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ABSTRACT  

Optimal   design   and   operation   of   food   refrigeration   processes   requires   knowledge   of   thermal  
properties  including  density,  specific  heat  capacity  (and  hence  enthalpy),  thermal  conductivity  and  
initial  freezing  point.    Measurement  of  such  properties  is  time-consuming  and  expensive  given  the  
wide   range   of   foods   and   variations   in   composition   and   structure.   Simple   methods   to   predict  
properties   from   composition   data   are   desirable.   Density   and   heat   capacity   are   volume   and   mass  
weighted-averages  of  the  food  components  respectively.    Thermal  conductivity  is  a  volume-based  
property  but  also  depends  on  structure.  Further  important  considerations  are  the  effects  of  air  voids  
contained  with  the  food  or  packaging  system,  and  ice  for  frozen  foods.  The  recommended  method  
uses   a   parallel   model   for   components   other   than   ice   and   air;;   the   Levy   model   for   ice,   and   an  
Effective   Medium   Theory   model   for   air   voids.   All   models   are   generally   applicable   and   only   the  
method   to   estimate   the   bound   water   used   to   estimate   the   ice   fraction   has   any   empirical  
coefficients.      Comparisons   against   experimental   data   for   a   range   of   products   and   a   worked  
example  show  the  accuracy  and  utility  of  the  methods.  
Keywords:  Thermal  properties,  Prediction  models,  Effect  of  ice,  Air  voids.    

1.   INTRODUCTION  
Most   food   processing   and   preservation   systems   involve   heating   or   cooling   steps,   particularly   if   a  
refrigerated   supply   chain   is   employed.   Accurate   prediction   of   the   rate   of   heat   transfer   and  
temperature  change  is  critical  if  the  design  and  operation  of  such  heating  and  cooling  processes  is  
to  be  optimised  (Datta,  2016).  For  refrigeration  processes,  the  optimisation  might  include:  
a.   Ensuring   that   the   rate   of   temperature   change   is   appropriate   to   maintain   product   quality  
(e.g.  not  too  fast  if  product  susceptible  to  chill  injury,  cold-shortening  or  similar  effects;;  not  
too  slow  if  microbial  growth,  respiration  or  other  temperature-related  reactions  will  quickly  
spoil  the  product  at  higher  temperatures).  
b.   Correctly   sizing   of   equipment   to   ensure   there   is   sufficient   residence   time   for   the   desired  
temperature  change  to  occur.    
c.   Selecting   air   velocity   that   achieves   the   desired   rate   of   heat   transfer   whilst   keeping   fan  
power,  energy  use  and  operating  costs  low.  
d.   Selecting   cooling   medium   temperatures   that   achieves   the   desired   rate   of   heat   transfer  
whilst  keeping  refrigeration  system  capital  and  running  (energy)  costs  acceptably  low.    
e.   Other   trade-offs   between   product   quality   deterioration   and   the   costs   and   sustainability   of  
the  refrigeration  system.  
Imprecision  in  heat  transfer  predictions  arise  from  two  main  sources:  
1.   Shortcomings   in   the   prediction   method   (model).      These   shortcomings   might   arise   from  
assumptions  and  simplifications  made  in  formulating  the  model  so  that  it  may  significantly  
deviate   from   the   real   world   situation   (e.g.   some   heat   transfer   mechanisms   assumed  
negligible;;   simplified   geometry,   homogeneous   rather   than   heterogeneous   composition)   or  
imprecision  in  how  the  model  is  solved  (e.g.  accuracy  of  the  time  and  space  discretization  
for  numerical  methods)  
2.   Uncertainty  in  the  input  data  that  the  model  requires  (e.g.  size  and  geometry  of  the  product  
and   food   types   within   a   product   item,   variation   in   process   conditions   such   as   cooling  
medium   temperature   and   velocity   (and   hence   heat   transfer   coefficients)   with   time   and  
position,  product  thermal  properties  including  uncertainty  due  to  composition  variations).  
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For  many  cooling  and  freezing  application,  semi-analytical  (semi-empirical)  and  numerical  models  
are   available   with   accuracy   better   than   ±10%   if   accurate   input   data   is   available.      In   particular,  
modern   software   packages,   such   as   Comsol   Multi-PhysicsTM,   allow   all   heat   and   mass   transfer  
mechanisms  to  be  included,  carter  for  complex  geometries  and  compositions  (e.g.  mixtures  of  food  
types),   handle   time   and   position-variable   operating   conditions,   can   incorporate   temperature  
variable   properties   including   latent   effects   and   moving   boundaries,   and   provide   automate   grid  
generation   and   time-stepping   solver   controls   to   minimise   numerical   approximation   uncertainty.  
Modern   computing   power   mean   that   the   computational   overhead   of   using   fine   grid   meshes   and  
including   complex   multi-scale   mechanisms   is   seldom   a   constraint.      However,   such   complicated  
models   come   at   the   expensive   of   much   more   intensive   data   requirements   so   simpler   semi-
analytical   models   with   simpler   data   requirement   are   often   just   as   accurate   and   can   be   preferred  
due  to  their  simplicity  to  understand  and  use  (Gulati  &  Datta,  2013).  
The  impact  of  thermal  property  uncertainty  on  prediction  accuracy  can  be  significant  Larkin  et  al.,  
(2004).   At   high   Biot   number   conditions   (internal   resistance   to   heat   transfer   is   controlling)   then   a  
±10%   uncertainty  in   thermal   conductivity  results   in   a   ±10%   uncertainty   in   cooling   or   freezing  rate  
for  a  solid  product  (directly  proportional),  although  this  reduces  to  about  ±3%  uncertainty  at  a  Biot  
number  of  1  (balance  between  internal  and  external  resistance  to  heat  transfer).  Similarly,  a  ±5%  
uncertainty   in   heat   capacity   (or   enthalpy)   results   in   a   proportional   ±5%   uncertainty   in   cooling   or  
freezing  rate  for  all  situations.  
Therefore   further   refinement   of   semi-analytical   prediction   methods   or   use   of   the   more   advanced  
features   available   in   numerical   heat   and   mass   transfer   packages   are   seldom   worthwhile   unless  
input  data  uncertainty  can  be  addressed  i.e.  the  accuracy  of  the  prediction  is  often  controlled  more  
by  the  accuracy  of  input  data  than  that  of  the  prediction  method  (Datta,  2007;;  Ho  et  al.,  2013).  
For   food   refrigeration   processes,   the   key   thermal   properties   required   are   density,   specific   heat  
capacity,  enthalpy,  thermal  conductivity  and  initial  freezing  point,  Tif.    In  addition,  to  understand  the  
change   in   properties   at   temperature   below   Tif,   it   is   usually   desirable   to   know   the   split   between  
unfrozen   water   and   frozen   water   (ice)   because   ice   thermal   properties   are   significant   different   to  
those  for  water  resulting  in  a  step-change  in  most  properties  (Figure  1).      
Some  might  argue  that  prediction  of  properties  is  unnecessary  because  there  are  comprehensive  
sources  of  property  data  on-line  and  in  the  literature  (e.g.  Nesvadba  et  al.,  2004;;  Rahman,  2009;;  
ASHRAE,  2018)  or  that  the  properties  can  be  directly  measured.  In  terms  of  undertaking  accurate  
property  measurements  across  the  full  temperature  range,  the  challenges  include:  
i.   The   high   cost   of   appropriate   instrumentation   and   the   long   time   to   perform   the  
measurements  to  high  accuracy.  
ii.   Measurements   just   below   the   Tif   have   high   uncertainty   because   of   the   rapid   change   in  
properties  in  this  temperature  range  as  shown  in  Figure  1  (Murakami  &  Okos,  1996).  
iii.   Measurement  for  foods  including  significant  air  voids  is  difficult  so  often  measurements  are  
only  taken  for  the  “solid”  food  with  air  voids  eliminated.  
iv.   Measurements  being  only  practical  for  single  food  types  and  not  composite  heterogeneous  
food   products   (e.g.   pizza).   Many   measurement   systems   require   very   small   samples   and  
getting   a   representative   sample   for   a   heterogeneous   product   is   difficult,   and   there   are  
variations  in  properties  with  change  in  food  type  within  a  product.      
v.   Measurements   cannot   be   undertaken   without   samples   and   so   properties   for   conceptual  
designs   before   the   production   facility   is   constructed   must   rely   on   laboratory   or   pilot   scale  
samples  which  may  differ  slightly  in  composition  from  full-scale  samples.  
The  weaknesses  of  published  data  include:  
i.   Most   of   the   data   are   for   minimally   processed   food   or   single   food   types   and   not   for  
composite  heterogeneous  food  products  or  for  foods  with  air  voids.    
ii.   Variation   of   the   properties   with   temperature   is   rarely   available   (constant   fully   frozen   or  
unfrozen  values  only)  especially  at  temperature  just  below  Tif  where  changes  are  rapid.  
iii.   The   variations   with   variety   and   time   of   seasonal   (natural   products)   or   with   changes   in  
composition   (e.g.   water   content   or   porosity)   are   seldom   provided   and   often   the   exact  
composition  of  the  product  is  not  stated.    
iv.   The   accuracy   of   the   data   can   be   dubious   because   the   measurement   methods   were  
inappropriate  or  poorly  executed  (Carson,  2017).    Further,  some  of  the  published  data  that  
purports  to  be  measured  is  actually  predicted  from  typical  composition  data.  
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v.   The  data  is  seldom  available  for  a  new  product  or  a  new  formulation  of  an  existing  product.    
Modern   numerical   methods   allow   the   different   food   types   in   a   heterogenous   food   product   to   be  
modelled   discretely   (e.g.   Ho   et   al.,   2013).      However,   the   extra   data   preparation   requirements  
related   to   defining   the   geometry   of   each   food   type   in   a   product   item   and   the   normal   variability   in  
this  geometry  across  a  production  run  mean  that  the  most  common  approach  is  to  treat  the  product  
as  homogeneous  and  use  of  effective  property  values  for  the  whole  product  item.  
Therefore  there  is  an  on-going  need  for  prediction  of  effective  thermal  properties  of  complete  food  
products  from  knowledge  of  the  food  composition  (which  is  usually  known  or  is  simple  and  low  cost  
to   measure).   The   purpose   of   this   paper   is   to   recommend   accurate   yet   simple   to   implement  
methods  to  predict  effective  product  thermal  properties  from  composition  data  in  the  temperatures  
range   most   relevant   to   refrigerated   foods,   taking   into   account   change   in   ice   fraction   below   the  
freezing  point,  the  presence  of  air  voids  and,  for  packaged  food  items,  the  effect  of  packaging.    

2.   RECOMMENDED  PREDICTION  METHODS  
There   are   a   large   number   of   empirical   property   prediction   methods.   In   general   terms,   these   are  
only   accurate   for   the   temperatures   ranges,   food   types,   and   compositions   for   which   they   were  
derived.   Whenever   possible   methods   based   on   physical   principles   without   empirical   curve-fitted  
constants  and/or  terms  are  recommended  because  they  are  more  likely  to  be  generally  applicable.    
The  literature  related  to  prediction  of  thermal  properties  is  vast  (e.g.  Carson,  2006;;  Gulati  &  Datta,  
2013).      Therefore,   in   this   paper   citations   are   limited   to   references   giving   the   recommended  
methods,  providing  good  overviews  of  the  literature,  or  providing  key  examples  in  an  area.    
The   basis   of   the   prediction   method   is   to   consider   the   food   as   homogenous   and   isotropic  
comprising   a   mixture   of   components   –   water,   ice   if   below   Tif,   proteins,   fats/lipids,   minerals   (ash),  
carbohydrates,  other  solids  (e.g.  fibre),  air  voids  and  occasionally  packaging  internal  to  the  product  
item.  Sometimes  there  is  a  distinct  and  defined  structure  e.g.  fat  layers,  emulsions,  distribution  of  
air  voids,  and  these  may  lead  to  some  properties  being  anisotropic  (e.g.  parallel  vs  perpendicular  
to  fibres  in  muscle)  but  the  recommended  methods  assume  homogeneity.  The  required  information  
is  the  mass  fraction  of  each  of  the  components  (composition)  plus  the  bulk  density  of  the  food.      
Refrigerated   foods   are   generally   high   moisture   (low   moisture   foods   usually   do   not   need   to   be  
refrigerated   because   their   low   water   activity   already   provides   a   preservation   effect),   thus   the  
characteristics  of  refrigerated  food  are  dominated  by  their  water  content.  The  standard  conceptual  
model   is   to   consider   food   a   mixture   of   solutes   in   the   water   plus   ice   (below   Tif)   and   other   solids.    
The   solutes   depress   Tif   below   0oC,   and   because   pure   ice   freezes   out   of   the   water   solution,   the  
solutes   because   more   concentrated   and   freezing   point   depression   increases.      Thus   freezing  
occurs  over  a  range  of  temperatures.  Some  of  the  non-water  components  are  considered  to  mainly  
affect   freezing   point   depression   (e.g.   low   molecular   weight   solutes   such   as   minerals/ash),   some  
mainly   affect   the   availability   of   water   to   freeze   (e.g.   water   bound   to   macro-molecules   such   as  
protein  and  carbohydrates),  and  some  have  negligible  effect  on  the  water  phase  (e.g.  fats/lipids).  
2.1.  

Initial  Freezing  Temperature  (Tif)  

The  initial  freezing  temperature  is  important  to  know  in  order  to  avoid  freezing  in  a  product  chilling  
process,   as   a   parameter   in   the   prediction   of   rates   of   freezing,   and   as   a   factor   affecting   the  
temperature-ice  fraction  relationship.  As  pointed  out  by  Larkin  et  al.  (1984),  accuracy  in  the  order  
of  ±0.05  to  0.1oC  is  required  so  thermal  properties  and  hence  cooling  rate  prediction  uncertainty  is  
less  than  5%.    
Measurement   of   Tif   is   often   practical   and   low   cost,   so   if   available   to   high   accuracy,   use   of   a  
measured  value  is  recommended.  If  required,  the  best  prediction  methods  are  based  on  freezing  
point   depression   theory   (Raoult’s   Law)   with   the   food   being   considered   as   a   mixture   of   solutes   in  
water  (e.g.  Miles  et  al.,  1997).  That  proposed  by  Boonsupthip  &  Heldman  (2007)  is  recommended:  

1
1
=
Tif + 273.15 273.15

R
ln
Mw Lw
(w tw

( x tw x bw ) / Mw
w bw ) / Mw +
(x j / M j )

Eq.  (1)

j not w
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Note  that  for  the  summation  term  in  Eq.(1),  it  is  recommended  that  proteins,  carbohydrates  (except  
simple  sugars)  and  fibre  are  assumed  to  have  a  Mj  of  50  kDa  and  so  have  little  effect,  that  fats  are  
ignored,  and  that  the  focus  is  on  low  molecular  weight  solutes  such  as  minerals,  acids,  bases  and  
mono-  and  di-saccharides  with  a  minimum  molality  of  50  μmol.100  g-1.  
2.2.  

Ice  Fraction  (xice)  

For   properties   below   Tif   it   is   necessary   to   predict   the   ice   fraction,   xice,   and   hence   the   remaining  
fraction   of   unfrozen   water   (xw   =   xtw   –   xice)   due   to   the   large   differences   in   properties.      Miles   et   al.  
(1997)  and  others  (e.g.  Chen  1985)  showed  that  the  following  theoretical  relationship  holds  for  food  
systems  with  low  concentrations  of  solutes:    
T
  
  
  
  
  
  
Eq.  (2)  
x ice = (xtw x bw ) 1 if   
T
Eq.(2)   required   the   bound   water   to   be   estimated.   While   for   many   foods,   bound   water   is   primarily  
associated  with  protein,  the  linear  relationship  proposed  by  Schwartzberg  (1976)  is  generally  used:  
  
  
  
  
  
  
  
Eq.  (3)  
xwb = b j x j      
j

Various   references   such   as   Chen   (1985),   Pham   (1987)   and   Miles   et   al   (1997)   suggest   empirical  
values  of  bj  for  different  food  groups  and  components  based  on  fit  to  measured  data.  The  equation  
proposed  by  Pham  et  al.  (1996)  is  recommended  as  it  is  potentially  the  most  generally  applicable:    
x bw
  
  
  
Eq.  (4)  
= 0.342 (1 x tw ) 4.510 x ash + 0.167 x p      
x tw
Pham   (2014)   found   the   following   relationship   proposed   by   Tchigeov   (Fikiin,   1998)   to   be   slightly  
more  accurate  than  Eq.  (2)  in  the  ranges  -45oC  <  T  <  Tif  and  -2oC  <  Tif  <  -0.4oC:  
1.105 xtw
Eq.  (5)  
x ice =
0.7318
1+
ln(Tif T + 1)
However,  Eq.(5)  is  fully  empirical  so  the  more  mechanistic  approach  of  Eq.(2)  and  (4)  is  preferred.  
2.3.  

Density  (ρ)  

Density  is  a  volume  based  property  and  so  effective  density  is  simply  a  volume-weighted  average  
of  the  components.    Given  the  density  of  air  is  negligible  relative  to  the  other  components  and  the  
weight  of  air  in  the  food  cannot  be  easily  measured,  the  most  common  approach  is  to  estimate  the  
density  of  the  “solid”  food  ignoring  the  air  voids:  
xj
1
1
Eq.  (6)
=
=
j
solid
j
jv j
j

Knowing  the  food  bulk  density,  the  volume  faction  of  air  (porosity),  vair,  can  be  estimated  using:  
Eq.  (7)
e =
solid (1 v air ) =
jv j
j

In  this  paper,  porosity  refers  to  the  fraction  of  air  voids  only.    In  contrast,  in  other  parts  of  the  food  
literature  (e.g.  drying)  and  in  other  fields  (e.g.  soil  science),  porosity  is  often  defined  to  be  the  total  
of  the  air  and  water  volume  fractions.      
2.4.  

Specific  Heat  Capacity  (c)  

Specific   heat   capacity   is   simply   a   mass-weighted   average   of   the   component   heat   capacities   plus  
the  apparent  heat  capacity  due  to  water  phase  change  to  ice  using  the  differential  form  of  Eq.  (2):  
dx
T
c e = c j x j [Lw + (cw c ice )T ] ice = c j x j [Lw + (cw c ice )T ](x tw x bw ) if2
Eq.  (8)
dT
T
j
j
Of  course,  above  Tif,  the  second  (latent  heat)  term  in  Eq.  (8)  is  omitted.    If  the  prediction  method  
required   the   latent   heat   separately   from   the   specific   heat   capacities,   then   the   differential   term   in  
Eq.  (8)  is  omitted  and  the  latent  heat  is  estimated  using:  
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Le = Lw @T (xtw
if

x bw )

Eq.  (9)  

The  latent  heat  of  solidification  of  fats,  while  smaller  than  that  for  water,  can  be  significant  for  some  
foods  above  Tif.  Fats  are  usually  a  mixture  of  lipids  with  different  melting  points  so  the  latent  heat  is  
released  over  a  wider  temperature  range  than  for  water.  Also,  fat  solidification  is  not  influenced  by  
the   concentration   of   solutes   in   the   aqueous   phase.   Therefore,   if   significant   fat   phase   change   is  
likely  over  the  temperature  range  of  interest,  then  adding  a  further  term  to  Eq.  (8)  is  recommended.    
The  term  is  the  cumulative  latent  heat  of  solidification  of  the  fats  divided  by  the  temperature  range  
over  which  the  phase  change  will  occur  and  is  only  added  for  phase  change  temperature  range.  
2.5.  

Enthalpy  (h)  

If  required,  the  difference  in  the  enthalpy  of  the  food  from  the  datum  temperature  can  be  estimated  
by  analytical  or  numerical  integration  of  Eq.  (8)  as  follows:    

he =
2.6.  

T

Tdatum

Eq.  (10)

ce dT

Thermal  Conductivity  (k)  

Thermal   conductivity   is   the   most   difficult   thermal   property   to   estimate   because   as   well   as   being  
volume  rather  than  mass  based,  it  also  depends  on  the  structure  of  the  components  within  the  food  
(i.e.  how  the  components  are  configured  relative  to  each  other).    This  is  particularly  important  when  
there   is   a   large   difference   in   component   thermal   conductivity.   There   is   considerable   literature   on  
thermal  conductivity  prediction  models  (e.g.  Carson,  2006;;  Rahman,  2009).  The  sequential  multi-
stage  method  proposed  by  Carson  et  al.  (2016)  is  recommended.  It  divides  foods  into  four  classes  
based  on  the  ratio  of  the  maximum  and  minimum  thermal  conductivity  components:    
I.  
Unfrozen,  non-porous  foods  (kw/ksolids  ≈  3)  
II.  
Frozen,  non-porous  foods  (kice/ksolids  ≈  12)  
III.  
Unfrozen,  porous  foods  (kwater/kair  ≈  25)  
IV.  
Frozen,  porous  foods  (kice/kair  ≈  100)    
If  the  ratio  is  low,  knowledge  of  the  structure,  and  hence  the  choice  of  thermal  conductivity  model  is  
less  critical.  In  the  approach,  Class  II  foods  are  considered  as  being  a  mixture  of  a  Class  I  food  and  
ice,  Class  III  foods  are  considered  as  being  a  mixture  of  a  Class  I  food  and  air,  and  Class  IV  foods  
are   considered   as   being   a   mixture   of   Class   II   foods   and   air.   This   approach   is   illustrated  
schematically  in  Figure  2.  
For  Class  I  food  components  the  Parallel  model  is  used,  since  it  is  the  simplest  model  yet  provides  
sufficient  accuracy  and  allows  for  any  number  of  components:    
Eq.  (11)
kI = k j v j
j

For  Class  II  foods  the  presence  of  ice  is  be  accounted  for  using  Levy’s  model  (Levy,  1981):    
2k + kI 2(k ice kI )F
Eq.  (12)  
kII = k ice ice
2k ice + kI + (k ice kI )F

F=

G=

2 / G 1 + 2(1 v ice )

(k ice

(k ice kI )2
    
+ kI )2 + k ice kI / 2

[2 / G 1 + 2(1 v ice )]2

8(1 v ice ) / G

2
  

  

  

  

    

  

  

Eq.  (13)  

  

Eq.  (14)  

The   Levy   model   physically   represents   the   structure   where   the   two   components   are   mixed   in   a  
combination  of  one  dispersed  in  the  other  which  is  continuous  and  vice  versa  in  proportions  such  
that   the   composite   conductivity   is   the   same   (i.e.   a   mixture   of   the   two   versions   of   the   well-known  
Maxwell-Eucken  model  for  a  dispersed  phase  in  a  continuous  phase).  This  is  appropriate  because  
water  is  generally  present  throughout  a  food  and  when  most  of  this  water  freezes,  the  ice  is  often  
extra-cellular  and/or  forms  through  a  combination  of  crystal  growth  of  dentrites  and  new  nucleation.  
Hence  the  ice  is  often  a  mixture  of  being  continuous  through  the  food  and  dispersed  within  the  rest  
of  the  food  components,  which  broadly  matches  the  structure  assumed  in  the  Levy  model.  
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For   Class   III   and   IV   foods,   the   Effective   Medium   Theory   (EMT)   model   is   used   to   represent   the  
effect  of  air  voids.    The  respective  equations  are:  
  

kIII =

kIV =

(3v air

1)k air + [3(1 v air ) 1]kI + {(3v air

1)k air + [3(1 v air ) 1]kI } 2 + 8kIk air

4
(3v air

  

Eq.  (15)  
  

1)k air + [3(1 v air ) 1]kII + {(3v air

1)k air + [3(1 v air ) 1]kII } + 8kII k air
2

4

     Eq.  (16)  

  
The  effect  of  porosity  on  thermal  conductivity  is  complicated  by  the  widely  differing  structures  that  
porous  foods  may  have.    Air  may  be  dispersed  as  “bubbles”  in  a  continuous  matrix  (e.g.  ice  cream  
or  bread),  it  may  form  a  continuous  phase,  as  is  the  case  with  particulate  foods  (e.g.  bag  of  peas  or  
grated  cheese),  in  some  cases  it  may  exist  as  a  mixture  of  both  dispersed  and  continuous  phases,  
or  both  the  air  and  food  solids  can  be  continuous  but  inter-twined  (e.g.  sponges).  In  some  cases,  
the  air  may  be  in  “layers”  (e.g.  trapped  between  fillets  or  steaks  within  a  packaged  item)  and  these  
layers  may  be  parallel  or  perpendicular  to  the  direction  of  heat  flow.    It  can  be  inferred  that  when  
porosity  is  low  (e.g.  vair  <  0.3),  then  the  air  is  more  likely  to  be  dispersed,  and  when  porosity  is  high  
(e.g.  vair  >  0.7),  then  the  air  is  more  likely  to  be  continuous.    
There  are  two  forms  of  the  Maxwell-Eucken  model  depending  which  phase  is  dispersed  and  which  
is   continuous.   The   EMT   model   represents   the   structure   where   all   the   components   are   randomly  
dispersed  with  each  other  (co-dispersed).    It  closely  approximates  the  two  versions  of  the  Maxwell-
Eucken  model  at  low  and  high  porosity  respectively,  and  the  transition  at  intermediate  porosity  is  
plausible  for  such  foods.    Hence  the  EMT  model  is  recommended  if  a  single  model  is  to  be  used  
without  prior  or  definitive  knowledge  of  how  the  air  voids  are  distributed  (Carson  et  al.,  2016).  If  the  
air  void  structure  is  known,  then  the  matching  model  should  be  used  instead  of  Eq.(15)  and  (16).  
2.7.  

Volume  Fractions  and  Component  Property  Values  

Volume  fractions  can  be  calculated  from  mass  fractions  using:  

v j = xj

e

  

  

  

  

  

  

  

  

  

Eq.  (17)  

j

When  estimating  intermediate  thermal  conductivity  values  (e.g.  kI  for  kII  or  kIII  values,  or  kII  for  kIV  
values),  then  the  intermediate  volume  fractions  should  only  include  the  components  appropriate  for  
that  Class  as  shown  in  Figure  2,  and  the  volume  fractions  for  these  components  should  sum  to  1.  
Table  1  gives  the  properties  of  the  various  components  in  food  as  a  function  of  temperature  (Choi  
&  Okos,  1986)  as  well  as  the  constant  values  often  used  to  make  predictions  where  singular  values  
are  required  rather  than  full  temperature-variable  values.    It  is  extremely  important  to  note  that  this  
Table   corrects   typographical   mistakes   in   the   original   paper   by   Choi   &   Okos   (1986)   that  
unfortunately   have   often   been   repeated   in   other   references.   The   corrections   are   to   the   second  
coefficient  for  thermal  conductivity  for  fat  and  the  constants  for  specific  heat  capacity  for  water.    For  
temperatures  above  10oC,  Phinny  et  al.  (2017)  shows  that  linear  version  of  the  equations  are  just  
as   accurate   as   the   quadratic   version,   that   greater   accuracy   is   achieved   by   subdividing  
carbohydrates   into   simple   and   complex   carbohydrates   for   all   properties,   and   that   for   fat   specific  
heat   capacity   adding   terms   related   to   the   oleic   and   linoleic   fatty   acid   content   also   improves  
accuracy.      For   refrigerated   foods,   the   key   processes   are   generally   below   10oC   so   the   Table   1  
models  are  recommended.  
2.8.  

Air  Voids  (Porosity)  and  Packaging  

The   above   thermal   conductivity   equations   assume   that   air   voids   are   sufficiently   small   that   no  
natural  convection  within  them.    If  natural  convection  is  a  possibility  then  a  simple  approach  is  to  
use  a  larger  value  for  the  air  thermal  conductivity  than  the  still  air  values  given  in  Table  1.    
The   prediction   equations   include   the   effect   of   air   voids   that   are   internal   to   the   food   items   being  
heated  or  cooled.    However,  more  generally,  the  effect  of  air  voids  depends  on  their  location.  Some  
air  voids  are  an  inherent  part  of  the  product  (e.g.  air  in  bread  or  dough;;  porosity  of  fruit  such  as  an  
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apple   with   spaces   between   the   cells   and   in   the   vascular   structure),   while   some   air   voids   are  
created  when  food  items  are  combined  into  a  product  item  (e.g.  air  within  grated  cheese  on  a  pizza  
or  air  between  fish  fillets  layered  in  a  carton).  Such  air  voids  internal  to  the  product  item  affect  the  
thermal  properties  (density  &  thermal  conductivity),  and  should  be  included  in  the  above  methods.      
However,  some  air  voids  exist  as  air  gaps  between  the  outside  of  the  food  itself  and  the  packaging  
that  makes  the  food  into  a  food  product  or  item.  Such  air  voids  generally  have  greatest  effect  on  
the   surface   heat   transfer   and   should   be   taken   into   account   when   the   surface   heat   transfer  
coefficients  are  estimated.  
Similar   logic   applies   for   packaging.   Packaging   on   the   outside   of   an   item   to   be   heated   or   cooled  
mainly  affects   the  surface  heat  transfer  coefficient   and   should   not   be   considered   part   of   the  food  
item  for  which  thermal  properties  are  calculated.  The  dimensions  of  the  food  item  should  also  be  
adjusted   to   the   outside   of   the   food   itself   (often   the   inside   of   the   packaging   subtract   air   gaps  
thicknesses)  when  heat  transfer  predictions  are  made.  Sometimes  there  is  packaging  on  the  inside  
of   the   product   item   (e.g.   internal   cartons   faces   in   a   pallet   of   cartons)   that   should   be   treated   as  
affecting  the  effective  thermal  properties  of  the  product  items.    The  above  equations  can  be  used  
by  treating  the  packaging  as  another  food  component.  Table  1  includes  typical  property  values  for  
some  common  packaging  constituents.    The  thermal  conductivity  values  are  of  the  same  order  of  
magnitude   as   the   non-water   components   of   food   so   for   Class   I   foods   they   should   be   considered  
another  “solid”  components  (i.e.  excluding  ice,  water  or  air).    The  heat  capacity  of  most  packaging  
is  low  compared  to  the  food  (for  medium  and  high  moisture  foods)  so  ignoring  the  thermal  mass  of  
the   external   packaging   (i.e.   only   considering   its   thermal   resistance   on   the   surface   heat   transfer  
coefficient)  normally  has  minimum  effect  on  the  accuracy  of  the  prediction  of  heat  transfer  rate.  
Some   packaging   acts   to   trap   air   but   has   negligible   mass   (e.g.   plastic   wrap)   and   can   be   ignored  
except  for  the  air  voids  it  creates.  Further,  some  packaging  types  have  internal  air  (e.g.  corrugated  
cardboard).  In  these  cases,  if  the  packaging  is  internal  to  the  product  item,  the  internal  air  should  
be   added   to   the   air   voids   for   the   whole   product   item   and   the   rest   of   packaging   assumed   “solid”  
without  air  voids.  
Defining   the   product   item   geometry   is   a   critical   decision   in   prediction   of   heat   transfer   for   foods.    
The   recommended   approach   is   to   define   the   product   item   as   the   smallest   element   to   which   the  
cooling  medium  comes  into  contact  with  sufficient  flowrate  to  prevent  stagnancy.  Thus  for  a  pallets  
with  tightly  stacked  cartons  such  that  air  cannot  penetrate  into  or  between  cartons  then  the  product  
item   is   the   whole   pallet   and   packaging   and   air   voids   should   be   subdivided   into   those   that   are  
internal   or   external   to   the   pallet.   For   a   pallet   where   air   penetrates   between   cartons   but   not   into  
cartons,  then  the  item  might  be  a  column  or  layer  of  cartons  or  a  possibly  a  single  carton  if  there  
are  gaps  for  air  flow  across  most  carton  faces.    For  cartons  which  air  flows  through  (e.g.  through  
handholds  or  vent  holes),  then  the  product  item  might  best  be  defined  as  a  single  item  within  the  
carton  (e.g.  a  single  fruit  or  a  layer  of  fruit)  depending  on  the  internal  carton  geometry.  

3.   PREDICTION  ACCURACY  
The  prediction  accuracy  of  the  proposed  methods  for  density,  specific  heat  capacity  and  enthalpy  
are  well  established  and  proven  (Murakami  &  Okos,  1989;;  Rao  et  al.,  2005;;  Rahman,  2009).  The  
main  uncertainty  relates  to  estimating  Tif  and  ice  fraction  and  hence  properties  for  frozen  foods  in  
the  temperature  just  below  Tif  will  be  less  accurate.  These  properties  are  strongly  mass-dependent,  
so  their  accuracy  for  porous  foods  is  not  significantly  worse.  
Prediction   of   thermal   conductivity,   especially   for   frozen   and   porous   food,   has   far   greater  
uncertainty.  There  is  limited  reliable  measured  data  for  foods  that  also  give  details  about  the  mass  
fractions  of  components  and  porosity  that  allows  the  testing  of  prediction  methods.  There  are  fewer  
data  for  frozen  foods   (Class  II)  than  unfrozen  foods  (Class  I)  and  very  few  data  for  porous  foods  
likely   to   be   refrigerated   (Class   III   and   IV).   There   is   virtually   no   measured   effective   values   for  
composite  product  items  that  are  a  mixture  of  food  and  packaging  including  air  voids.  
Carson   et   al.   (2016)   compared   Eq.(11)   with   measured   data   from   Willix   et   al.   (1998)   for   13  
unfrozen,  non-porous  (Class  I)  foods  at  20oC.    The  average  absolute  deviation  between  measured  
data   and   predictions   were   less   than   6%   and   were   not   bettered   by   any   other   generally   applicable  
prediction   models.   For   the   same   13   foods   at   -20oC   (Class   II),   the   average   absolute   deviation  
between   measured   data   and   predictions   from   Eq.(12)   were   less   than   18%.   While   some   other  
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generally   applicable   prediction   models   were   slightly   more   accurate   on   average,   the   differences  
were   not   significant   given   uncertainty   in   estimating   ice   fraction   for   all   methods,   and   the   greater  
uncertainty  of  the  measured  data  at  frozen  temperatures.  
None   of   the   measured   data   for   Class   III   foods   were   for   foods   likely   to   be   refrigerated,   but   the  
average   absolute   deviation   between   measured   data   and   predictions   from   Eq.(15)   were   less   than  
15%  and  Eq.(15)  was  the  most  accurate  generally  applicable  model  by  a  significant  margin.  
The  only  Class  IV  food  for  which  reliable  measured  data  were  available  was  for  ice  cream  (Cogne  
et   al.,   2003).      The   average   absolute   deviation   between   measured   data   and   predictions   from  
Eq.(16)   was   about   20%   (Carson   et   al.,   2016).   The   deviations   were   higher   at   high   porosity.   Ice  
cream   is   quite   unique   in   that   the   air   in   it   remains   as   dispersed   discrete   bubbles   even   at   high  
porosity.  Therefore,  the  high  porosity  ice  cream  data  is  a  case  where  the  EMT  model  for  Class  IV  
foods   may   be   less   appropriate   than   other   models   such   as   Maxwell-Eucken   (Wang   et   al.,   2010).    
Given,  that  EMT  model  (Eq.  (15)  worked  well  for  Class  III  foods  and  for  ice  cream  at  low  porosity,  
its  use  as  the  recommended  general  method  is  still  justified.          

4.   WORKED  EXAMPLE  
A   carton   of   deboned   beef   is   to   be   frozen.   The   carton   has   a   net   weight   of   27.2   kg   and   the   inside  
dimensions  after  freezing  are  165  mm  high,  530  mm  long  and  360  mm  wide.  The  beef  Tif  is  -0.8°C  
and  the  mass  fractions  of  the  beef  basic  components  are:  total  water  68%,  protein  19%,  fat  12%,  
and  other  solids  (ash)  1%.  The  thermal  properties  of  the  beef  in  the  carton  at  -20oC  are  required.    
The  product  item  is  the  meat  to  be  frozen  inside  the  carton  (the  cardboard  carton  itself  is  assumed  
to  affect  the  surface  heat  transfer  coefficients  rather  than  the  thermal  properties).  It  is  anticipated  
that  there  are  2  mm  wide  air  gaps  between  the  beef  and  the  carton  on  all  faces  except  the  bottom  
of  the  carton.    Hence  the  product  data  is:  
  
  

xtw  =  0.68  
  
xp  =  0.19  
  
xfat  =  0.12  
xash  =  0.01  
  
o
o
Tif    =  -0.8 C  
  
T  =  -20 C  
  
product  mass  =  27.2  kg     
  
3
product  volume    =  (0.165-0.002)  ´(0.36-2´0.002)´(0.53-2´0.002)  =  0.03052  m   

  

Step  1  –  Initial  Freezing  Point:  In  this  case  Tif  is  known  so  Eq.(1)  can  be  used  to  back-calculate  the  
molality  term  if  fat  is  ignored  as  a  solute,  after  Eq.(4)  is  used  to  estimate  the  bound  water:  

[

]

x bw = x tw 0.342 (1 x tw ) 4.510 x ash + 0.167 x p = 0.68 × [0.342 (1 0.68) 4.510 × 0.01 + 0.167 × 0.19] = 0.06533

1
1
=
Tif + 273.15 273.15

R
ln
Mw Lw
(w tw

1
1
=
0.8 + 273.15 273.15

( xtw x bw ) / Mw
w bw ) / Mw +
(x j / M j )
j not w

(0.68 0.06533 ) / 18.02
8.314
ln
18.02 × 333.5 × 1 (0.68 0.06533 ) / 18.02 +
(x j / M j )
j not w

( x j / M j ) = 0.0002662      and  taking     x j = 1 0.68 0.12 = 0.20    gives    M j = 752
The  net  effect  is  that  the  20%  of  the  meat  that  is  not  water  or  fat,  on  average  behaves  like  solute  
with   a   molecular   weight   of   752.      These   values   might   be   able   to   be   used   to   predict   Tif   for   similar  
meat  products  with  different  water  and  fat  contents.  
Step  2  -  Ice  Fraction:  The  ice  fraction  is  estimated  from  Eq.(2).    At  -20oC:    
T
0.8
x ice = (xtw x bw ) 1 if = (0.68 0.06533 ) 1
= 0.5901  
20
T
Thus  the  mass  fraction  of  unfrozen  water  at  -20oC  is:    xw  =  xtw  –  xice  =  0.68  –  0.5901  =  0.0899  
Step  3  –  Densities:  Using  the  Table  1  equations  the  component  densities  at  -20oC  are:  
-----ice = 919.5  kg.m        w = 995.6  kg.m        p = 1340.3  kg.m        fat = 933.9  kg.m        ash = 2429.4  kg.m           
The  density  of  the  beef  at  -20oCwithout  air  voids  is  estimated  using  Eq.(6):  
x j 0.5901 0.0899
1
0.19
0.12
0.01
=
=
+
+
+
+
                      solid = 993.6  kg.m -3
919.5
995.6 1340 .3 933.9 2429 .4
j
solid
j
Step  4  –  Volume  Fractions:  The  volume  fractions  (excluding  air  voids)  are  estimated  using  Eq.(17):  
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993.6
= 0.6377 Similarly,  v w = 0.0897,  v p = 0.1409,  v fat = 0.1277,  v ash = 0.0041   
919.5
ice
Step   5   –   Bulk   Density   and   Porosity:   The   bulk   (effective)   density   can   be   estimated   from   the   mass   and  
volume  of  the  product  and  allows  the  porosity  to  be  estimated  from  Eq.(7):  
mass
27.2
=
=
= 891.1  kg.m-3
= solid (1 v air ) = 993.6 × (1 v air )                     v air = 0.1031
e
e
volume 0.03052
Step   6   –   Specific   Heat   Capacity:   Using   the   Table   1   equations   the   component   specific   heat  
capacities  at  -20oC  are:  
cice = 1.941  kJ.kg-- .K --       cw = 4.528  kJ.kg-- .K --       c p = 1.984  kJ.kg-- .K --       cfat = 1.953  kJ.kg-- .K --       c ash = 1.053  kJ.kg-- .K --           
The  effective  heat  capacity  of  the  beef  at  -20oC  is  estimated  using  Eq.(8):  
T
c e = c j x j [Lw + (cw c ice )T ](x tw x bw ) if2
T
j
= 1.941 × 0.5901 + 4.528 × 0.0899 + 1.984 × 0.19 + 1.953 × 0.12 + 1.053 × 0.01
[333 .5 + (4.528 1.941) × ( 20)] × (0.68 0.06533 ) × 0.82 = 2.174 + 0.346 = 2.520  kJ.kg-1.K -1
( 20)
o
At  -20 C,  only  14%  (0.346/2.520)  of  the  effective  heat  capacity  is  due  to  the  latent  heat  of  some  of  
the  residual  water  freezing.  
Step   7   –   Thermal   Conductivity:   At   -20oC   the   beef   is   a   Class   IV   food   (frozen   and   porous)   so  
calculation  of  the  effective  thermal  conductivity  required  a  3  stage  calculation  (Figure  2).  Using  the  
Table  1  equations  the  component  thermal  conductivities  at  -20oC  are:   
v ice = x ice

e

= 0.5901 ×

k ice = 2.385  W.m -- .K --       kw = 0.533  W.m -- .K --       k p = 0.154  W.m -- .K --       
k fat = 0.186  W.m -1.K -1      k ash = 0.300  W.m -1.K -1      k air = 0.0225  W.m -1.K -1       
Eq.(11)  is  used  to  estimate   kI  for  the  components  other  than  ice  or  air.    The  volume  fractions  including  ice  
are  all  divided  by  (1  -  vice)  so  they  sum  to  100%:    

0.533 × 0.0897 + 0.154 × 0.1409 + 0.186 × 0.1277 + 0.300 × 0.0041
= 0.2608  W.m -1.K -1
1 0.6377
j
Eq.(12)  to  (14)  are  used  to  add  in  the  effect  of  ice  to  estimate  the  kII  value  (frozen,  non-porous):    
(k ice kI )2
(2.385 0.2608)2
G=
=
= 0.6172   
(k ice + kI )2 + k ice kI / 2 (2.385 + 0.2608)2 + 2.385 × 0.2608 / 2
kI =

F=
=

k jv j =

2 / G 1 + 2(1 v ice )

[2 / G 1 + 2(1 v ice )]2

8(1 v ice ) / G

2
2 / 0.6172 1 + 2 × (1 0.6377 )

kII = k ice

2k ice + kI 2(k ice kI )F
2k ice + kI + (k ice kI )F

[2 / 0.6172 1 + 2 × (1 0.6377 )]2
2

8 × (1 0.6377 ) / 0.6172

2 × 2.385 + 0.2608 2 × (2.385 0.2608) × 0.4707
= 2.385 ×
= 1.199  W.m -1.K
2 × 2.385 + 0.2608 + (2.385 0.2608) × 0.4707
Finally,  Eq.(16)  is  used  to  estimate  kIV  including  the  effect  of  the  air  voids:  

kIV =

(3v air

1)k air + [3(1 v air ) 1]kII + {(3v air

  
= 0.4707

  
1

1)k air + [3(1 v air ) 1]kII } 2 + 8kII k air

4
(3 × 0.1031 1) × 0.0225 + [3 × (1 0.1031) 1] × 1.199
=
4

  

{(3 × 0.1031 1) × 0.0225 + [3 × (1 0.1031) 1] × 1.199} 2 + 8 × 1.199 × 0.0225
= 1.019  W.m -1.K -1
4
The  full  set  of  properties  for  the  meat  carton  product  across  the  temperature  range  from  -40oC  to  
20oC  is  shown  in  Figure  1.  The  effective  heat  capacity  is  expressed  as  a  volumetric  value  (i.e.  the  
product  of  effective  density  and  effective  specific  heat  capacity).  
+
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5.   CONCLUSIONS  
Methods   to   predict   the   thermal   properties   of   refrigerated   foods   from   information   about   their  
composition   only   are   presented.   The   methods   utilise   mechanistic   rather   than   empirical   models  
whenever  possible  so  that  they  are  more  likely  to  be  generally  applicable.  Advice  and  methods  to  
taken   into   account   air   voids   (porosity)   and   packaging   are   provided   including   how   to   define   the  
product  item  for  composite  systems  such  as  cartons  or  pallets  of  packaged  food  products.  For  well-
defined   product   geometries   and   composition,   the   predictions   should   be   accurate   within   ±10%   for  
non-porous   food   (slightly   less   accurate   for   frozen   foods)   and   ±20%   for   porous   foods   which   is  
sufficiently  accurate  for  most  heating  and  cooling  process  analysis  purposes.  
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NOMENCLATURE  
b  
bound  water  coefficient
c  
specific  heat  capacity  (J.kg-1.K-1)
F,G  
intermediate  variables  (Eq.  13  &  14)  
h  
enthalpy  (J.kg-1)  
k  
thermal  conductivity  (W.m-1.K-1)  
L  
latent  heat  of  fusion  (J.kg-1)  
R  
gas  constant  (8.314  J.mol-1.K-1)  
v  
volume  fraction  
r  
density  (kg.m-3)  
M  
molecular  weight  (g.mol-1;;  Da)  
T  
temperature  (oC)  
x  
mass  fraction  
Subscripts  
I,II,III,IV   food  class  (Section  2.6)  

air  
ash  
bw  
carb  
e  
fat  
fibre  
ice  
if  
j  
p  
solid  
t  
w  

air  
ash  
bound  water  
carbohydrate  
effective  
fat  
fibre  
ice  
initial  freezing  point  
jth  component  
protein  
food  without  air  voids  
total  
water  (unfrozen)  
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Figure  1:  Thermal  properties  as  a  function  of  temperature  for  a  typical  high  moisture  food  with  air  
voids  (worked  example).  

  

  

Figure  2:  Schematic  representation  of  the  sequential  approach  for  predicting  the  thermal  
conductivity  of  foods  for  the  four  classes  of  foods.  
Table  1.  Thermal  properties  of  major  components  of  foods  (adapted  from  Choi  &  Okos,  1986)  
Property  

Component  
Water  
Ice  
Protein  

Density  ρj    
-3
(kg.m )  

Temperature  Dependent  Prediction  Equation  
= 9.9718 × 10 2 + 3.1439 × 10 3 T 3.7574 × 10 3 T 2   
= 9.1689 × 10 2 1.3071× 10 1T   

= 1.3299 × 10

3

Fat  

= 9.2559 × 10

2

Carbohydrate  

= 1.5991 × 10

Fibre  

= 1.3115 × 10

Ash  

= 2.4238 × 103

Air  
o

Water  (θ>0 C)  
o

Water  (θ<0 C)  
Specific  
Ice  
Heat  
Protein  
Capacity   cj  
-1 -1
Fat  
(kJ.kg .K )  
Carbohydrate  
Fibre  

= 1.3180

3
3

5.1840 × 10 T   
4.1757 × 10 1T   
1

c
c
c
c
c
c

1300  
1500  

3.1046 × 10 T   
3.6589 × 10 1T   

c = 4.1289 9.0864 × 10 5 T + 5.4731× 10 6 T 2   

920  
930  

1

2.8063 × 10 1T   
4.8312 × 10 3 T 1.1237 × 10 5 T 2

Constant    
1000  

1300  
2400  

3.428 × 10 7 T 3    1.29  
4.18      

= 4.1289 5.3062 × 10 3 T + 9.9516 × 10 4 T 2   
= 2.0623 + 6.0769 × 10 3 T   
= 2.0082 + 1.2089 × 10 3 T 1.3129 × 10 6 T 2   
= 1.9842 + 1.47339 × 10 3 T 4.8008 × 10 6 T 2   
= 1.5488 + 1.9625 × 10 3 T 5.9399 × 10 6 T 2   
= 1.8459 + 1.8306 × 10 3 T 4.6509 × 10 6 T 2   
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4.28      
2.00  
2.00  
1.95  
1.50  
1.80  

12

Ash  
Air    
(Shitzer,  2006)  
Packaging  
Water  
Ice  
Protein  
Fat  
Thermal  
Conductivity   Carbohydrate  
-1 -1
kj  (W.m .K )   Fibre  
Ash  
Air  
Packaging  
Latent   Heat   Water  
of  Fusion  Lj  
-1
Fat  
(kJ.kg )  

  

1.05  
1.005  

c = 1.0926 + 1.8896 × 10 3 T 3.6817 × 10 6 T 2   
c = 1.0051 + 8.64629 × 10 7 T + 4.8700 × 10 7 T 2

+ 8.0004 × 10 9 T 3 + 5.4 × 10 11T 4
c carboard 1.4;; c plastic 1.6   

  

k = 5.7109 × 10 1 + 1.7625 × 10 3 T 6.7036 × 10 6 T 2   
k = 2.2196 6.2489 × 10 3 T + 1.0154 × 10 4 T 2   
k = 1.7881× 10 1 + 1.1958 × 10 3 T 2.7178 × 10 6 T 2   
k = 1.8071× 10 1 2.7604 × 10 4 T 1.7749 × 10 7 T 2   
k = 2.0141× 10 1 + 1.3874 × 10 3 T 4.3312 × 10 6 T 2   
k = 1.8331× 10 1 + 1.2497 × 10 3 T 3.1683 × 10 6 T 2   
k = 3.2962 × 10 1 + 1.4011× 10 3 T 2.9069 × 10 6 T 2   
k = 2.4125 × 10 2 + 7.9976 × 10 5 T 3.4657 × 10 8 T 2   
k carboard 0.07;; k plastic 0.1  

  
0.54  
2.35  
0.16  
0.19  
0.20  
0.18  
0.30  
0.024  
  

334    
L = 333.5 + (cw cice )T   
Depending   on   lipid   profile,   add   mass-averaged   latent   heat   to     
heat  capacity  across  the  melting/solidification  temp.  range  
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ABSTRACT  
As   the   refrigeration   industry   moves   towards   refrigerants   with   low   global-warming   potential,   the  
number  of  acceptable  refrigerants  is  decreasing  due  to  environmental  constraints,  but,  at  the  same  
time,  new  options  are  becoming  available.  These  “new”  refrigerants  include  new  molecules,  such  as  
the  HFOs  (hydrofluoroolefins)  containing  a  carbon-carbon  double  bond,  as  well  as  some  very  “old”  
fluids,  such  as  ammonia  and  carbon  dioxide.  The  HFC  (hydrofluorocarbon)  refrigerants,  although  
being   phased   down,   remain   in   use—especially   as   blend   components.   Here,   the   thermodynamic  
characteristics   that   underpin   the   choice   of   a   refrigerant   are   reviewed;;   together   the  environmental  
and   thermodynamic   constraints   result   in   a   limited   number   of   suitable   fluids.   Refrigerants   have  
differing   thermodynamic   characteristics,   and   these   determine   their   relative   performance   in   a  
refrigeration   cycle.   The   design   engineer   must   recognize   and   balance   the   tradeoffs   presented   by  
different  refrigerants  and  design  the  system  to  best  accommodate  the  properties  of  the  chosen  fluid.  
Keywords:  Ammonia,  Carbon  Dioxide,  GWP,  Hydrofluoroolefins,  Refrigerants,  Refrigeration  Cycle,  
Thermodynamic  Properties  

1.   INTRODUCTION  
The  Kigali  Amendment  to  the  Montreal  Protocol,  which  mandates  a  phase-down  of  the  production  
of  hydrofluorocarbon  (HFC)  refrigerants,  entered  into  force  January  1,  2019.  But  even  before  this  
milestone   was   reached   numerous   regional   and   national   regulations   concerning   the   use   of   HFCs  
were   already   in   place.   For   example,   the   “F-gas”   regulations   in   the   European   Union   (European  
Environment   Agency,   2014)   mandate   maximum   values   of   GWP   (global   warming   potential)   for  
refrigerants  in  various  applications,  as  well  as  specifying  training  and  reporting  requirements.  In  the  
United  States,  the  Significant  New  Alternatives  Policy  (SNAP)  of  the  U.S.  Environmental  Protection  
Agency  (US  EPA,  2018)  prohibits  or  allows  specific  refrigerants  in  various  applications.  The  need  to  
identify  alternative  low-GWP  fluids  is  obvious.  
This  paper  first  provides  a  brief  perspective  on  the  environmental  impacts  of  the  HFCs  and  other  
refrigerants.  The  main  discussion  is  on  the  thermodynamic  characteristics  of  refrigerants;;  the  focus  
is  on  “new”  molecules,  such  as  the  hydrofluoroolefins  (HFOs),  but  “old”  fluids  (e.g.,  CO 2,  ammonia,  
and  hydrocarbons)  that  might  be  “new”  to  particular  application  areas  are  also  discussed.  Results  of  
previous   searches   for   replacement   fluids   are   summarized   in   Section   3,   and   the   results   of   such  
studies  are  discussed  in  terms  of  fundamental  thermodynamic  properties.  Section  4  discusses  the  
thermodynamic   underpinning   of   some   of   the   trade-offs   associated   with   the   HFO   refrigerants   and  
with   flammability,   in   particular.      Means   to   adapt   to   the   differing   characteristics   of   “new”   fluids   are  
discussed  in  Section  5.  Finally,  brief  conclusions  are  presented.  

2.   BACKGROUND—ENVIRONMENTAL  PROPERTIES  OF  REFRIGERANTS  
Emissions  of  HFCs  currently  account  for  only  a  small  fraction  of  anthropogenic  climate  change—
about  1  %  of  the  total  radiative  forcing  due  to  all  greenhouse  gases,  including  CO2,  CH4,  and  N2O  
(WMO,  2018).  The  Kigali  Amendment  and  other  regulations  are  driven  by  estimated  large  increases  
in  future  emissions  predicted  under  “business  as  usual”  scenarios  (Velders  et  al.,  2009,  2015).  With  
the   HFC   phasedown   of   the   Kigali   Amendment,   Velders   (2016)   estimates   that   the   surface  
temperature  increase  from  HFCs  will  be  limited  to  0.06  K  by  the  end  of  the  century  compared  to  
0.3  K  to  0.5  K  with  “business  as  usual,”  as  shown  in  Fig.  1.  
1
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The  environmental  characteristics  of  selected  refrigerants,  as  compiled  by  the  World  Meteorological  
Organization  (WMO,  2018),  are  listed  in  Table  1.  The  GWP  parameter  was  first  presented  by  the  
Intergovernmental   Panel   on   Climate   Change   (Houghton   et   al.,   1990)   as   a   simple   metric   for  
comparing  the  impact  of  different  gases  on  the  climate  system.  The  GWP  of  a  gas  is  relative  to  that  
of  carbon  dioxide;;  furthermore,  it  is  calculated  over  some  time  interval,  or  “time  horizon.”    A  time  
horizon  of  100    years  is  most  commonly  used  (including  in  regulations)    and  is  referred  to  as  GWP100.
Other  time  horizons  are  sometimes  used,  and  
0.5
Table   1   also   lists   the   GWP20—the   value   for   a  
Surface temperature
20-year   time   horizon.   For   long-lived   gases,  
change by HFCs
such   as   R-12   (a   chlorofluorocarbon   or   CFC),  
0.4
Business as usual
the  GWP100  and  GWP20  are  similar.  For  gases  
Velders et al. (2015)
with  lifetimes  on  the  order  of  a  few  decades  or  
Kigali amendment
less   (e.g.,   the   HFCs),   however,   the   GWP20   is  
0.3
(2016)
substantially   higher   than   the   GWP100   because  
the   climate   impact   of   such   gases   is  
concentrated  in  the  initial  years  following  their  
0.2
release  into  the  atmosphere.  When  calculating  
over   a   longer   time   horizon,   the   impact   in   the  
later   years   is   small,   and   the   GWP100   basically  
0.1
“averages  out”  the  impacts.  This  indicates  that  
the  short-term  climate  impact  of  the  HFCs  can  
0.06
be   understated   by   their   GWP100.   But   it   also  
0.0
underlies  the  opportunity  for  mitigating,    by  mid-
2000 2020 2040 2060 2080 2100
century,  the  climate  impacts  of  refrigerants  by  
Year
  
phasing  down   the  HFCs:      CO2   is   long-lived   in  
Figure  1.  Projected  global  average  surface  
the   atmosphere,   and   so   the   benefits   of   any  
temperature  increase  assuming  compliance  
reduction   in   its   emissions   are   damped   by   its  
with  the  Kigali  Amendment  to  the  Montreal  
existing   concentration   in   the   atmosphere.   A  
Protocol  compared  to  “business  as  usual;;”  
phase-down   of   HFC   emissions,   on   the   other  
analysis  of  Velders  (2016);;  figure  used  with  
hand,  has  much  more  immediate  benefits.  
permission.    
†

Table  1.    Environmental  characteristics  of  selected  refrigerants.   
Formula  

TNBP  
(˚C)  

Lifetime    
(years)  

ODP  

R-12  

CCl2F2  

–29.8  

102  

0.73–0.81  

10800  

10300  

R-22  

CHClF2  

–40.8  

11.9  

0.024–0.034  

5310  

1780  

R-123  

CHCl2CF3  

    27.8  

1.3  

0.01  

290  

80  

R-32  

CH2F2  

–51.7  

5.4  

0  

2530  

705  

R-number  

GWP20   GWP100  

CFCs  and  HCFCs  

HFCs  
R-125  

CHF2CF3  

–48.1  

30  

0  

6280  

3450  

R-134a  

CH2FCF3  

–26.1  

14  

0  

3810  

1360  

R-152a  

CH3CHF2  

–24.0  

1.6  

0  

545  

148  

HFOs  and  HCFOs  
R-1233zd(E)  

CF3CH=CHCl  

    18.3  

0.071  

<0.0004  

13.5  

3.7  

R-1234yf  

CF3CF=CH2  

–29.5  

0.029  

0  

1  

<1  

R-1234ze(E)  

CF3CH=CFH  

–19.0  

0.045  

0  

4  

<1  

CH3CH2CH3  (propane)  
NH3  (ammonia)  
CO2  (carbon  dioxide)  

–42.1  
–33.3  
‡
  –56.6   

0.041  
“few  days”  
–  

0  
0  
0  

<1  
<1  
1.00  

<1  
<1  
1.00  

Natural  fluids  

                    †

R-290  
R-717  
R-744  

Environmental  data  from  WMO  (2018);;  TNBP  from  REFPROP  (Lemmon  et  al.,  2018).    
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Triple-point  temperature  
While   the   many   of   the   HFCs   have   high   values   of   GWP,   recall   that   they   were   developed   and  
implemented  to  replace  ozone-depleting  substances  (ODSs),  primarily  the  CFCs  and  HCFCs.  Many  
of  the  CFCs  and  HCFCs  also  have  high  values  of  GWP  (see  Table  1);;  for  example  the  GWP100  of  
the  refrigerant  in  automotive  systems  was  reduced  by  a  factor  of  7.5  (10300  to  1360)  when  R-12  
was   replaced   with   R-134a.   Thus,   the   Montreal   Protocol,   which   was   originally   targeted   at  
stratospheric   ozone   protection,   has   already   had   a   tremendously   positive   impact   on   climate,   as  
reported  by  Velders  et  al.  (2007).  In  that  analysis,  Velders  et  al.  consider  a  scenario  in  which  the  
1987  Montreal  Protocol  (and  subsequent  amendments)  was  not  implemented.  Without  any  action,  
the   radiative   forcing   (i.e.,   impact   on   climate)   of   the   ODSs   would   have   been   comparable   to   CO2  
emissions  by  2010.  Instead,  the  actual  emissions  of  the  ODSs  peaked  in  1988  at  an  equivalent  equal  
to  43  %  of  that  of  CO2  emissions.  Even  today,  R-12  remains  the  fourth-most  powerful  greenhouse  
gas  because  of  past  emissions,  behind  CO2,  methane,  and  N2O  (WMO,  2018).  By  2010  the  Montreal  
Protocol  had  avoided  emissions  of  approximately  10  Gt  CO2[eq]  (i.e.,  emissions  equivalent  to  10  
gigatonnes  of  CO2)  per  year;;  by  comparison,  global  CO2  emissions  from  fossil  fuels  and  industrial  
processes  were  32  Gt  per  year  in  2010  (IPCC  2014).  Put  another  way,  the  Montreal  Protocol  has  
delayed  climate  change  by  7–12  years,  according  to  Velders  et  al.  (2007).  
Thus,  by  rapidly  phasing  out  the  CFCs  and  other  ODSs  in  the  1990s,  the  refrigeration  industry  has  
already  avoided  substantial  climate  impacts,  and  with  the  HFC  phasedown  called  out  in  the  Kigali  
Amendment  to  the  Montreal  Protocol  the  industry  will  make  further  substantial  contributions.  
                    ‡

3.   REPLACEMENT  FLUIDS  
The  objective  of  a  refrigeration  system  is  not  to  circulate  a  fluorinated  chemical  around  a  cycle  with  
various   changes   in   phase,   but   rather   to   move   heat   from   a   lower   to   a   higher   temperature   to  
accomplish  a  useful  purpose—keeping  food  from  spoiling  (i.e.,  refrigeration),  providing  a  comfortable  
living  environment  in  a  warm  climate  (i.e.,  air  conditioning),  or  providing  efficient  space  heating  (i.e.,  
heat  pumping).  Are  replacement  fluids  required  at  all?  Might  there  be  alternative  means  of  providing  
the   desired   heat   transfer?   Indeed,   various   alternative   technologies   (termed   “not-in-kind  
replacements”)   are   possible,   and   these   have   been   summarized   by   Goetzler   et   al.   (2014).   These  
technologies  have  been  known  for  many  years  (even  decades),  yet  vapor-compression  refrigeration  
technology  dominates  the  market  because   it  is  efficient,  reliable,  and   cost-effective.  While  not-in-
kind  technologies  must  be  continually  evaluated,  the  most  prudent  path  would  seem  to  be  finding  
more-or-less  direct  replacements  for  the  high-GWP  refrigerants  so  that  the  existing  industrial  base  
for   manufacturing,   installing,   and   servicing   refrigeration   equipment   can   (with,   perhaps,   some  
modifications)  be  retained.    
3.1.  

Requirements  of  a  Refrigerant  

The  requirements  of  a  replacement  refrigerant  have  been  considered  by  numerous  authors  including  
McLinden  and  Didion  (1987),  Calm  and  Didion  (1997),  and  Kujak  and  Schultz  (2016).  Always  at  the  
top  of  the  list  is  the  need  for  chemical  stability  within  the  sealed  refrigeration  system;;  next  are  health  
and   safety   considerations.   Environmental   considerations   (e.g.,   ODP   and   GWP)   are   obviously  
important—they  are  the  reason  new  fluids  are  currently  under  consideration.  Practical  requirements  
such  as  cost  and  materials  compatibility  also  factor  in.  
A   refrigerant   must   also   possess   certain   thermodynamic   characteristics   for   it   to   function.   Since   a  
refrigerant  absorbs  and  releases  heat  primarily  through  evaporation  and  condensation,  a  high  latent  
heat  of  vaporization  might  seem  to  be  desirable.  A  boiling  point  temperature  low  enough  that  air  will  
not   leak   into   a   system   is   desirable;;   but   the   boiling   point   should   not   be   so   low   that   the   system  
pressures  are  “too  high.”  A  high  discharge  temperature  upon  compression  will  lower  the  efficiency  
of  the  cycle,  but  conversely,  “wet  compression”  must  be  avoided  in  most  types  of  compressors.    
3.2.  

Exploration  of  Thermodynamic  Space  

But  how  are  these  seemingly  disparate  thermodynamic  characteristics  related,  and  how  is  one  to  
identify  a  refrigerant  satisfying  them?  McLinden  et  al.  (2012)  and  Domanski  et  al.  (2014)  approached  
this   problem   by   defining   fluids   in   terms   of   a   small   number   of   fundamental   thermodynamic  
characteristics.  Thus,  they  considered  the  full  range  of  possible  thermodynamic  behaviour,  rather  
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than  scanning  a  finite  number  of  known  fluids  (which  would  reveal  no  new  fluids).  They  termed  this  
approach  the  “exploration  of  thermodynamic  space.”  
The   fluid   thermodynamic   properties   were   modeled   by   an   “extended   corresponding   states”   (ECS)  
approach  (Huber  and  Ely,  1994).  Corresponding  states  is  the  observation  that  the  properties  of  fluids  
are  similar  when  scaled  by  their  critical  point  parameters,  Tc  and  pc,  where  the  critical  point  is  the  
state  where  the  saturated  liquid  and  saturated  vapor  approach  one  another.  Key  to  this  method  is  a  
“reference  fluid”  to  which  the  properties  of  the  unknown  fluid  are  scaled.  This  method  is  “extended”  
by   additional   parameters;;   the   most   significant   were   the   heat   capacity   of   the   vapor   (Cp˚)   and   the  
acentric   factor,   w,   which   is   related   to   the   slope   of   the   vapor   pressure   curve.   The   range   of   the  
parameters  considered  is  given  in  Table  2.  The  critical  temperature  is  not  as  familiar  as  the  normal  
boiling  point  temperature,  TNBP,  but  the  two  are  related,  and  here  both  are  used.  (Other  parameters  
were  considered,  but  they  were  found  to  be  of  minor  importance.  (Domanski  et  al.,  2014))    
Table  2.    Fluid parameters varied in the optimization runs and their ranges.  
Parameter  
reference  
fluid  
Tc	
  
pc	
  
w	
  
Cp˚(300  K)	
  

3.3.  

Units  

Range  

–  

K	
  
MPa	
  
–	
  
–1

J·mol ·K

–1

	
  

propane  
–or–    R-32  
305  ~  650	
  
2.0  ~  12.0	
  
0.0  ~  0.6	
  
20.8  ~  300	
  

Optimum  Thermodynamic  Characteristics  

Any   optimization   requires   objective   function(s),   and   the   coefficient   of   performance   (COP)   and  
volumetric  capacity  (Qvol)  were  selected  for  a  cycle  operating  between  an  evaporation  temperature  
of  10  ˚C  and  a  condensation  temperature  of  40  ˚C.  
This   exploration   of   thermodynamic   space   indicated   a   trade-off   between   efficiency   and   volumetric  
capacity.  Refrigerants  with  a  high  critical  temperature  gave  high  efficiency,  but  low  capacity;;  fluids  
with  a  relatively  low  Tc  resulted  in  the  converse.  A  critical  pressure  at  the  upper  limit  of  the  range  
resulted  in  both  high  efficiency  and  high  capacity,  while  an  acentric  factor  near  the  lower  limit  was  
optimal.  The  optimum  value  of  the  vapor  heat  capacity  varied  with  the  cycle;;  a  relatively  low  value  
was  best  for  the  simple  vapor  compression  cycle,  while  a  higher  value  was  optimal  for  a  cycle  with  
internal   heat   exchange   between   the   condenser   outlet   and   compressor   inlet.   These   results   are  
presented   in   Fig.   2;;   a   clear   efficiency-versus-capacity   tradeoff   is   seen   for   both   the   simple   vapor-
compression  cycle  (Fig.  2(a))  and  the  cycle  with  internal  heat  exchange  (Fig.  2(b)).  Fig.  2  also  shows  
the  “Pareto  front”  comprising  the  set  of  hypothetical  fluids  having  thermodynamic  parameters  offering  
the  highest  COP  for  a  given  Q vol  and  vice-versa;;  this  defines  the  upper  limit  of  performance  that  is  
allowed  by  thermodynamics.  (The  inverse  of  COP  and  Qvol  are  plotted  to  yield  a  minimization,  which  
is  the  convention  for  this  type  of  problem.)  For  selected  “real”  refrigerants,  the  cycle  with  the  LL/SL  
heat  exchanger  shows  a  much  smoother  variation  of  COP  versus  Qvol  compared  to  the  simple  cycle.  

        

  

Figure  2.  Pareto  front  (´)  and  selected  current  refrigerants  (¡)  for  different  cycle  options:    (a)  simple  
vapor  compression  cycle;;  (b)  cycle  with  100  %  effective  LL/SL  heat  exchanger;;  figure  from  McLinden  
et  al.  (2012).    
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These   effects   can   be   understood   by   examining   the   vapor-compression   cycle   on   diagrams   of  
temperature  versus  entropy  (T–s)  or  pressure  versus  enthalpy  (p–h).  Figure  3(a)  contrasts  R-134a  
(Tc  =  374  K)  with  R-123  (Tc  =  457  K)  on  (T–s)  coordinates.  Shown  is  the  ideal  cycle,  i.e.,  a  cycle  with  
compression   at   constant   entropy,   expansion   at   constant   enthalpy,   zero   pressure   drop   in   the  
condenser  and  evaporator,  and  saturated  vapor  entering  the  compressor;;  shown  is  a  cycle  with  an  
evaporation  temperature  of  –20  ˚C  and  a  condensation  temperature  of  30  ˚C.  As  the  cycle  moves  to  
a   lower   temperature   relative   to   the   critical   temperature   the   width   of   the   vapor   dome   increases,  
providing  a  larger  refrigeration  effect  per  unit  mass  of  refrigerant.  The  potential  refrigeration  effect  
lost  in  the  expansion  process  (as  a  percentage  of  the  total  heat  of  vaporization)  decreases.  Both  of  
these  effects  increase  the  efficiency  of  the  cycle.    
The  effect  of  critical  pressure  is  shown  on  (p–h)  coordinates  in  Figure  3(b),  which  compares  R-134a  
with   ammonia.   While   the   normal   boiling   point   temperatures   of   R-134a   and   ammonia   are   similar  
(T NBP  =  247.1  K    for  R-134a  versus  TNBP  =  239.8  K  for  ammonia)  the  critical  pressure  of  ammonia  
(pc  =  11.4  MPa)  is  nearly  three  times  that  of  R-134a  (pc  =  4.06  MPa);;  the  result  is  that,  the  cycle  is  
pushed  “lower”  in  the  vapor  dome,  which  somewhat  analogous  to  the  effect  of  Tc  seen  in  Figure  3(a).    

2

3

1

4

3

4

2

1

  

Figure  3.  Effect  of  thermodynamic  parameters  on  the  shape  of  the  saturation  dome;;    
(a)  effect  of  critical  temperature,  Tc,  on  (T–s)  coordinates;;  (b)  effect  of  critical  pressure,  pc,  on  (p–h)  
0
coordinates;;  (c)  effect  of  vapor  molar  heat  capacity,  Cp ,  on  (T–s)  coordinates.    

The  effect  of  the  vapor  heat  capacity  is  shown  in  Figure  3(c),  which  compares  ammonia,  R-134a,  
and  R-218;;  for  these  fluids  the  Cp˚  (at  T  =  300  K)  varies  from  35.6  J·mol–1·K–1  to  147  J·mol–1·K–1.  
With  the  low  Cp˚  of  ammonia  the  vapor  dome  is  “upright;;”  this  results  in  a  high  compressor  discharge  
temperature  (which  decreases  efficiency),  but  the  expansion  losses  are  relatively  small  (increasing  
efficiency).  As  the  value  of  Cp˚  increases  the  vapor  dome  increasingly  “leans  over.”  With  the  high  
Cp˚  of  R-218  the  result  is  “wet  compression”  (where  an  isentropic  compression  process  starting  with  
saturated  vapor  would  result  in  a  two-phase  state  exiting  the  compressor);;  the  saturated-liquid  (left)  
side  of  the  saturation  dome  is  also  much  more  tilted,  resulting  in  increased  expansion  losses.  The  
result   of   these   offsetting   effects   is   that   there   is   an   optimal   value   of   C p˚   for   a   given   cycle;;   in   this  
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example  the  Cp˚  of  R-134a  is  near  optimal  for  the  simple  vapor  compression  cycle.  For  a  cycle  with  
a  liquid-line/suction-line  heat  exchanger,  the  optimum  shifts  to  a  higher  value  of  Cp˚  as  discussed  by  
McLinden   (1990)   and   Domanski   (1995).   Cp˚   stems   from   intramolecular   degrees   of   freedom,   with  
each   mode   of   internal   vibration,   bending,   etc.   adding   to   Cp˚.   The   magnitude   of   each   contribution  
increases   with   the   mass   of   the   atoms   involved,   so   that,   for   example,   substituting   a   fluorine   for   a  
hydrogen  will  increase  the  Cp˚.  These  effects  and  the  relationship  between  Cp˚  and  the  shape  of  the  
saturation  dome  are  discussed  by  Morrison  (1994).  
The   comparisons   in   the   previous   three   paragraphs   were   on   a   molar   basis,   rather   than   the   mass  
basis  familiar  in  the  refrigeration  field.  A  molar  basis  is  often  the  natural  choice  when  discussing  fluid  
properties.  Ammonia  is  well  known  for  having  a  large  enthalpy  of  vaporization  (on  a  mass  basis)  
compared  to  other  refrigerants,  as  shown  in  Fig.  4(a).  On  a  molar  basis,  however,  ammonia  has  only  
a  slightly  higher  enthalpy  of  vaporization  (Fig.  4(b)).  The  large  enthalpy  of  vaporization  per  kilogram  
of   ammonia   is   largely   due   to   its   low   molar   mass   (17.03   g·mol–1   for   ammonia,   44.10   g·mol–1   for  
propane,  and  102.03  g·mol–1  for  R-134a).  The  enthalpy  of  vaporization  on  a  molar  basis  of  a  fluid  at  
its   boiling   point   is   approximately   proportional   to   the   normal   boiling   point   temperature;;   this   was  
observed  by  Trouton  (1884)  and  is  known  as  Trouton’s  rule.  

    

Figure  4.  Saturation  dome  on  (p–h)  coordinates  for  three  refrigerants;;  (a)  mass  basis;;  (b)  molar  
basis.  

  

The   above   analysis   assumed   an   ideal   cycle   with   zero   pressure   drop   in   the   condenser   and  
evaporator.  With  the  inclusion  of  pressure  drop  and  heat-transfer  limitations  (i.e.,  consideration  of  
the  transport  properties  of  viscosity  and  thermal  conductivity),  however,  the  situation  can  be  quite  
different.  Fig.  5  shows  the  results  of  cycle  simulations  carried  out  by  McLinden  et  al.  (2017)  for  a  
cycle  typical  of  air  conditioning  (Tcond  =  10  ˚C  and  Tevap  =  40  ˚C)  and  which  included  a  simplified  and  
generalized  pressure  drop  model;;  the  COP  versus  capacity  tradeoff  has  disappeared.  Instead,  there  
is  a  broad  optimum  in  COP  corresponding  to  medium-to-high  pressure  refrigerants.  This  was  also  
discussed  by  Domanski  et  al.  (2017).  
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Figure  5.  COP  and  Qvol  of  selected  low-GWP  fluids  in  the  basic  vapor-compression  cycle    
relative  to  R-410A  including  pressure  drop  and  heat-transfer  limitations;;    
the  curve  indicates  the  general  trend;;  figure  adapted  from  McLinden  et  al.  (2017).  

3.4.  

Database  Screenings  

The  purpose  of  the  “exploration  of  thermodynamic  space”  was  to  define  the  desired  thermodynamic  
characteristics   of   a   refrigerant.   Combining   those   parameters   with   desired   environmental  
characteristics  (i.e.,  low  GWP  and  zero,  or  near-zero,  ODP)  of  a  refrigerant,  Kazakov  et  al.  (2012)  
and  McLinden  et  al.  (2014,  2017)  carried  out  a  series  of  database  screenings  to  identify  fluids  having  
those  characteristics.  These  made  use  of  the  PubChem  database  (Kim  et  al.,  2016),  a  public-domain  
listing  of  more  than  60  000  000  chemicals.  
Flammability   was   estimated   in   the   2012   screening   and   highly   flammable   fluids   were   eliminated.  
Toxicity  was  also  estimated  based  on  a  set  of  “markers  and  associated  rules.”  At  this  point  the  critical  
parameters  were  estimated  and  those  with  300  <  Tc  <  550  K  were  retained;;  finally,  chemical  groups  
known  to  be  generally  unstable  were  screened  out,  resulting  in  ~1200  candidate  fluids.  The  analysis  
of  McLinden  et  al.  (2014)  built  upon  these  1200  candidate  fluids  and  down-selected  to  a  set  of  62  
fluids   based   primarily   on   Tc   <   400   K   and   other   thermodynamic   characteristics;;   after   considering  
toxicity  and  stability  in  more  detail,  only  about  a  dozen  candidates  remained.  
Because  of  the  dearth  of  fluids  with  characteristics  similar  to  R-410A  McLinden  et  al.  (2017)  carried  
out  a  second  screening.  Here,  flammable  fluids  were  not  automatically  screened  out,  and  the  initial  
screen   was   320   <   Tc   <   420   K;;   only   138   fluids   were   identified.   This   number   was   small   enough   to  
permit  a  “manual”  examination  of  toxicity  and  stability.  Cycle  calculations  were  also  carried  out,  and  
fluids  with  low  COP  and/or  volumetric  capacity  were  screened  out.  The  final  result  was  a  list  of  27  
fluids;;  these  comprised  hydrocarbons,  HFCs,  HFOs,  CO2,  ammonia,  and  a  total  of  five  compounds  
with  oxygen,  nitrogen  and/or  sulfur.  
3.5.  

Other  Fluids  

The  database  search  of  McLinden  et  al.  (2017)  resulted  in  a  list  of  27  fluids  with  the  assertion  that  it  
would  be  “highly  unlikely  that  any  better-performing  fluids  will  be  found.”  The  list  already  included  
several   fluids   that   failed   the   stated   screening   criteria,   but   were   added   because   of   commercial  
interest.  These  included  R-1123;;  it  was  identified  as  unstable  (Tanaka  et  al.,  2014),  but  a  blend  with  
R-32   may   be   stable   (Hashimoto   et   al.,   2019).   Have   any   additional   fluids   been   identified   in   the  
intervening  time?  Domanski  et  al.  (2017)  added  R-1132a  to  the  list.  This  fluid  was  included  in  the  
original  screening  but  was  rejected  based  on  an  indication  of  high  toxicity  (NIOSH,  2007);;  later  data  
resulted  in  a  “class  A”  toxicity  rating  (ASHRAE,  2017).  
The  iodine-containing  CF 3I  has  generated  considerable  interest  recently  as  a  low-GWP  option  that  
might  be  used  to  suppress  the  flammability  of  blends  (McGowan,  2019).  An  application  to  classify  
CF3I   as   “A1”   (low-toxicity,   nonflammable)   under   ASHRAE   Standard   34   has   been   submitted  
(ASHRAE,  2018).  This  fluid  was  considered  by  Kazakov  et  al.  (2012).  The  C–I  bond  is  very  weak,  
and   is   readily   photolyzed   by   UV   light;;   thus,   it   did   not   fit   within   the   estimation   scheme   for   GWP  
developed  by  Kazakov.  CF3I  and  other  iodine-containing  compounds  were  investigated  in  the  1990s  
during  the  search  for  CFC  replacements  (Calm  2012,  Nimitz  and  Lankford  1994)  and  again  in  the  
early   2000s   in   the   program   sponsored   by   the   Society   of   Automotive   Engineers   to   identify  
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replacements  for  R-134a  in  automotive  air-conditioning  systems  (Brown,  2013).  Interest  waned  in  
the  iodine-containing  compounds  on  both  occasions  because  of  stability  and  toxicity  concerns.  Thus,  
iodine  was  not  included  in  the  list  of  eight  elements  making  up  the  fluids  in  the  database  searches  
of  Kazakov  et  al.  (2012)  and  McLinden  et  al.  (2014,  2017).    
But  why  are  there  no  other  fluids?  In  organic  chemistry,  molecules  are  categorized  by  the  functional  
group(s)  they  possess.  The  HFCs  belong  to  the  fluorinated  alkane  category.  The  alkanes  comprise  
one   or   more   carbon   atoms   with   hydrogens   attached   to   each   carbon   as   needed   to   satisfy   the  
requirement  that  each  carbon  atom  be  bonded  to  four  neighbors.  In  the  fluorinated  alkanes,  some  
of  the  hydrogens  are  simply  replaced  by  fluorine.  The  alkenes  (also  known  as  olefins)  are  a  variation  
on  the  alkanes  with  one  or  more  of  the  carbon-carbon  bonds  replaced  with  a  double  bond,  with  each  
double  bond  “counting”  as  two  neighbors.  
Many  other  functional  groups  are  well  known,  and  some  of  these  are  shown  in  Figure  6.  These  are,  
for   the   most   part,   not   suitable   as   refrigerants   in   moderate-to-high   pressure   systems   because   the  
normal  boiling  points  for  even  the  simplest  examples  are  too  high.  The  simplest  alcohol,  for  example,  
is   methanol   with   T NBP   =   65   ˚C.   Acetone   is   the   simplest   ketone   with   TNBP   =   56   ˚C.   Substitution   of  
hydrogen   with   other   atoms   generally   increases   the   boiling   point.   Functional   groups   with   TNBP   low  
enough  to  serve  as  the  basis  for  moderate-to-high-pressure  refrigerants  include  the  ethers  (C-O-C)  
and   the   amines   (comprising   a   central   nitrogen   with   three   attached   groups).   All   such   compounds  
were  included  in  the  database  searches,  but  apart  from  dimethyl  ether,  ammonia,  and  a  very  few  
others,  they  were  rejected  because  of  high  GWP100,  high  Tc,  or  other  factors.  
Name

Functional Group

Simplest Example

TNBP/˚C

alcohol

methanol

65

ether

dimethylether

–25

aldehyde

acetaldehyde

20

ketone

acetone

56

thiol

methylmercaptan

thioether

dimethylsulfide

amine

ammonia

6
38
–33

  

Figure  6.  Selected  functional  groups  of  organic  chemistry  containing  oxygen,  sulfur,  or  nitrogen,    
1
2
3
with  the  simplest  example  of  each  also  shown;;  R,  R’,  R ,  R ,  R   indicate  attached  hydrogens  or  alkyl  
groups.    

4.   TRADEOFFS  
When  Midgley  famously  introduced  R-12  at  the  1930  meeting  of  the  American  Chemical  Society  by  
inhaling  a  lungful  of  the  refrigerant  and  using  it  to  extinguish  a  burning  candle  (Midgley  and  Henne,  
1930;;  Downing,  1988),  it  seemed  that  the  perfect  refrigerant  had  been  found.  It  was  nonflammable,  
of  low  toxicity,  and  was  simple  and  cheap  to  manufacture.  It  had  good  thermodynamic  properties,  
and,   in   fact,   its   properties   were   nearly   a   perfect   match   to   the   simple   vapor-compression   cycle  
(McLinden,  1990).  But,  of  course,  it  was  later  found  to  deplete  stratospheric  ozone  and  have  a  high  
GWP.  Since  the  mid-1970s  the  task  of  identifying  suitable  refrigerants  has  faced  an  increasing  list  
of  constraints.  So,  while  these  constraints  have  restricted  the  choice  of  fluids  (e.g.,  CFCs  and  HCFCs  
are   no   longer   available),   they   have   also   opened   up   interest   in   other   fluids.   The   phaseout   of   the  
ozone-depleting  fluids,  for  example,  sparked  a  resurgence  of  interest  in  the  long-known  natural  fluids  
(e.g.,   ammonia,   hydrocarbons).   Likewise,   the   lack   of   an   obvious   low-GWP,   nonflammable,   high-
pressure  replacement  for  some  of  the  HFCs  has  opened  a  discussion  on  how  fluids  with  at  least  
some  degree  of  flammability  might  be  safely  implemented  in  a  wider  variety  of  systems.  
4.1.  

Hydrofluoroolefins  

The   hydrofluoroolefins   (HFOs)   are   the   focus   of   intense   development   efforts   by   the   refrigeration  
industry,  and  the  carbon-carbon  double  bond  that  defines  the  chemical  class  of  “olefin”  is  at  the  heart  
of   the   trade-offs   seen   with   the   HFOs.   It   is   the   reactivity   of   the   double   bond   to   the   atmospheric  

      
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

21

      
hydroxyl  radical  that  results  in  the  very  low  atmospheric  lifetimes  and  GWP  values  of  the  HFOs.  The  
reactivity  of  the  olefins,  both  in  the  atmosphere  and  in  refrigeration  equipment,  is  discussed  by  Kujak  
and  Sorenson  (2018).    
The  most-common  HFC  refrigerants  (R-134a,  R-125,  R-32,  etc.)  are  based  on  one  or  two  carbon  
atoms,  and  several  have  a  TNBP  in  a  suitable  range,  see  Figure  7.  The  two-carbon  HFOs,  on  the  
other   hand,   have   normal   boiling   point   temperatures   that   are   too   low   for   most   refrigeration  
applications,  as  shown  in  Fig.  7(a).  R-1132(Z)  and  R-1132(E)  have  TNBP  in  a  desirable  range,  but  
very  little  data  are  available  on  these  two  fluids,  and  even  the  values  of  TNBP  plotted  in  the  figure  are  
estimated  values  (McLinden  et  al.,  2014).  Thus,  most  of  the  development  efforts  are  focused  on  the  
three-carbon  HFOs,  and  here  there  are  a  number  of  fluids  with  –40  ˚C  <  TNBP  <  –20  ˚C;;  see  Fig.  7(b).  
But  a  three-carbon  HFO  is  a  more  complicated  molecule  than  a  one-  or  two-carbon  HFC,  and  this  
results  in  a  higher  vapor  molar  heat  capacity  and  a  vapor  dome  that  is  “skewed”  to  the  right.  This  
has  implications  for  the  optimal  cycle  as  discussed  in  Section  3.3.  
The  best-known  HFO  is  R-1234yf,  and  this  fluid  is  “marginally  flammable”  with  an  ASHRAE  Standard  
34   flammability   classification   of   “2L”   (ASHRAE,   2016a).   There   is   often   the   perception   that   some  
degree  of  flammability  is  inevitable  with  the  HFOs.  Figure  7  indicates  flammability  and  shows  that  
this  is  not  true,  but  that,  compared  to  the  HFCs,  additional  fluorines  are  needed  with  the  HFOs  to  
offset  the  flammability  of  the  carbon-carbon  double  bond.  For  example,  the  four  fluorines  of  R-134a  
are  sufficient  to  yield  a  nonflammable    fluid,  while  the  four    fluorines  on  R-1234yf  are  not;;  the  three-  

    

Figure  7.  Variation  of  normal  boiling  point  temperature  TNBP  with  the  number  of  fluorines  on  the  
molecule;;  
(a)  one-carbon  HFCs  and  two-carbon  HFOs;;  (b)  two-carbon  HFCs  and  three-carbon  HFOs.    
The  curves  indicate  the  general  trends  in  TNBP.  Flammability  is  indicated  with  a  color  code.    

    

carbon  HFOs  require  five  fluorines  for  nonflammability  (e.g.,  R-1225ye(E)).  For  the  two-carbon  HFOs  
even  the  fully  fluorinated  R-1114  is  flammable.  The  situation  with  the  four-carbon  HFOs  is  better;;  for  
example  R-1336mzz(Z),  with  six  of  the  eight  hydrogens  replaced  with  fluorine,  is  nonflammable.    
4.2.  

Flammability  versus  GWP  

Among  the  HFCs,  a  trade-off  between  flammability  and  GWP  is  somewhat  inevitable.  Flammability  
is  determined  by  both  thermodynamic  and  kinetic  considerations.  Flammability  is  the  reaction  of  a  
material  with  oxygen,  with  the  release  of  heat.  A  reaction  is  thermodynamically  favorable  when  the  
change   in   Gibbs   free   energy   (G)   of   the   products   compared   to   the   reactants   (i.e.,   oxygen   plus  
refrigerant  as  the  “fuel”)  is  negative;;  G  =  H  –  TS  so  that:  
  
  
DG  =  (H  –  TS) products  –  (H  –  TS)reactants  =  DH  –  TDS   <  0:   reaction  favorable  
            Eq.(1)  
  
  
  
  
  
  
  
  
>  0:   reaction  unfavorable  
  
Thus,  a  reaction  with  a  negative  DH  and  positive  DS  will  be  thermodynamically  favorable.  A  negative  
value  of  DH  for  the  reaction  corresponds  to  the  release  of  heat,  and  a  positive  DS  means  an  increase  
in   entropy.   A   larger   number   of   product   molecules   compared   to   reactant   molecules   generally  
corresponds  to  an  increase  in  entropy.  The  enthalpy  term  usually  dominates,  so  that  reactions  that  
release  more  heat  are  more  favored;;  in  other  words,  a  larger  heat  of  combustion  roughly  correlates  
with  “more  flammable.”  
But   kinetics,   or   the   speed   of   the   reaction,   is   also   important.   A   block   of   wood   sitting   in   air   is  
thermodynamically  unstable:    It  “wants”  to  burn,  but  the  unfavorable  kinetics  of  the  reaction  at  room  
temperature   prevents   it   from   bursting   into   flame.   The   wood   (or   at   least   a   small   bit   of   it)   must   be  
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heated  sufficiently  to  volatilize  a  portion  of  it,  and  the  resulting  gases  must  then  be  further  energized  
(e.g.,  with  a  spark)  for  the  combustion  reaction  to  begin.  Linteris  et  al.  (2019)  consider  kinetics  in  
their  method  to  estimate  flammability.  
Another  way  to  look  at  flammability  is  in  terms  of  the  overall  chemical  stability  of  the  molecule,  as  
expressed  by  the  enthalpy  of  formation,  DHf.  This  quantity  is  calculated  as  the  enthalpy  change  of  a  
hypothetical  reaction  forming  the  compound  from  its  elements.  As  the  value  of  DHf  becomes  more  
negative,  the  more  stable  the  molecule  is.  Fig.  8  plots  the  DHf  versus  the  number  of  fluorine  atoms  
for  the  ethane-based  (two-carbon)  HFCs;;  the  DHf  becomes  steadily  more  negative  from  the  highly  
flammable  R-170  (ethane,  CH3CH3)  to  the  nonflammable  R-116  (CF3CF3).  This  trend  is  a  result  of  
the  great  stability  of  the  carbon–fluorine  bond;;  it  takes  considerable  energy  to  break  a  C–F  bond,  
and  thus  R-125  is  “more  nonflammable”  and  has  a  greater  ability  to  suppress  the  flammability  of  a  
blend  compared  to  R-134a.  
The  C–F  bond  also  absorbs  infrared  radiation,  and  this  is  the  root  of  the  radiative  forcing  seen  with  
the  HFCs.  As  the  number  of  fluorines  on  the  molecule  increases  the  infrared  absorption  increases,  
but  also  the  number  of  hydrogens  must  decrease,  and  it  is  the  reaction  of  hydrogen  with  atmospheric  
hydroxyl   that   degrades   HFCs   in   the   atmosphere.   This   combined   effect   results   in   GWP100   values  
increasing  from  <1  for  R-170  (Hodnebrog  et  al.,  2018)  to  11100  for  R-116  (WMO,  2018).  The  HFOs  
also   have   C–F   bonds   and   have   a   similar   absorption   of   infrared   radiation,   but   their   much,   much  
shorter   atmospheric   lifetimes   result   in   very   low   GWP   values.   Thus,   the   HFOs   can   sidestep   the  
flammability  versus  GWP  trade-off—except  that  the  flammability  versus  fluorine-number  relationship  
discussed   in   Section   4.1   means   that   there   are   a   smaller   percentage   of   possible   HFOs   that   are  
nonflammable.  

  

Figure  8.  Variation  of  enthalpy  of  formation,  DHf,  with  number  of  fluorines  for  the  two-carbon  HFCs.    

4.3.  

Refrigerant  Mixtures  

Blending  different  refrigerants  to  obtain  a  desired  set  of  attributes  has  a  long  history.  Indeed,  in  1928  
when  Midgley  was  told  by  Kettering  that  “the  refrigeration  industry  needs  a  new  refrigerant  if  they  
every  expect  to  get  anywhere”  Midgley  was  “doubtful  that  we  would  be  able  to  find  a  single  substance  
suitable  to  the  task  but  that  there  might  be  some  hope  of  greatly  reducing  the  existing  hazards  by  
using   mixtures”   of   nontoxic,   but   flammable   compounds   with   nonflammable,   but   toxic   compounds  
(Midgley,  1937).  Midgley,  of  course,  went  on  to  develop  the  (pure-fluid)  CFCs,  but  mixtures  are  now  
quite   common.   By   2016,   ASHRAE   Standard   34   (ASHRAE,   2016a)   listed   112   refrigerant   blends.  
Apart   from   R-134a   in   home   refrigerators   and   automotive   air-conditioning   systems,   the   HFCs   are  
primarily  used  as  blend  components  (e.g.,  R-410A,  R-404A,  R-507A).  For  example,  R-410A,  a  blend  
of   R-32   and   R-125,   takes   advantage   of   the   good   COP   of   R-32   (see   Fig.   5)   while   mitigating   its  
flammability  and  high  discharge  temperature.  Refrigerant  blends  offer  a  way  to  balance  tradeoffs,  
but  they  come  with  some  tradeoffs  of  their  own.  Blends  can  fractionate,  meaning  the  the  composition  
of   the   liquid   and   vapor   phases   are   different;;   a   leak   from   one   phase   will   result   in   a   changing  
composition  over  time.  The  tradeoff  of  temperature  glide  is  discussed  in  Section  5.4.    

5.   DISCUSSION—ADAPTING  TO  NEW  FLUIDS  
While  a  drop-in  replacement  refrigerant  requiring  no  changes  to  equipment  design  is  appealing,  the  
properties   of   low-GWP   fluids   will   generally   be   different   than   the   refrigerants   they   are   replacing.  
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Recognizing  and  adapting  to  these  differences  will  be  required  to  maximize  the  safety,  efficiency,  
and  reliability  of  new  systems.  
5.1.  

Cycles  

As  discussed  in  Section  4.1,  the  HFO  refrigerants  are  more  complex  molecules  than  the  HFCs  they  
may  replace  and,  as  such,  may  benefit  from  a  modified  cycle.  Domanski  (1995)  showed  theoretically  
that  virtually  any  refrigerant  could  be  made  to  operate  efficiently  with  cycle  modifications  designed  
to   minimize   throttling   losses.   Such   losses   cannot   be   recovered   completely,   however,   because  
economizers,  ejectors,  and  intra-cycle  heat  exchangers  are  themselves  subject  to  irreversibilities.  
The  thermodynamic  properties  of  the  HFO  refrigerants  are  not  greatly  different  than  the  HFCs,  and  
simple  modifications,  such  as  a  liquid-line/suction-line  heat  exchanger,  an  ejector,  or  a  two-stage  
economizer  cycle,  are  worthwhile  to  consider.  
Carbon   dioxide   has   the   considerable   advantage   of   an   “A1”   (lower   toxicity,   nonflammable)   safety  
classification  and  a  GWP  =  1.00.  Its  relatively  low  critical  temperature  of  304.1  K,  however,  results  
in   a   supercritical   cycle   under   many   operating   conditions.   This   means   that   the   high-side   heat  
exchanger  is  no  longer  a  “condenser”  but,  rather,  a  “gas  cooler.”  This  does  not  fundamentally  change  
the  cycle,  but  it  does  require  careful  design  (especially  control  of  the  expansion  process)  to  avoid  
significant  energy  penalties.  The  use  of  CO2  has  been  considered  by  many  authors;;  see  for  example,  
the  proceedings  of  the  biennial  IIR  Gustav  Lorentzen  Conferences  on  Natural  Refrigerants.  
5.2.  

System  Technology  

The   difficulty   of   finding   a   nonflammable   and   low-GWP   refrigerant   is   most   acute   for   medium-   and  
high-pressure  systems  (e.g.,  those  currently  employing  R-134a  or  R-410A)  (Domanski  et  al.,  2017).  
There  are  more  choices  among  low-pressure  refrigerants  (e.g.,  R-1233zd(E)  and  R-1336mzz(Z)).  
The   lower-pressure   refrigerants   are   generally   more   complex   molecules,   and   with   each   additional  
carbon   atom   in   a   molecule,   the   number   of   possible   permutations   and   combinations   for   adding  
fluorine   and/or   chlorine   increases   exponentially.   Furthermore,   the   fraction   of   those   that   are  
nonflammable  increases,  as  discussed  in  Section  4.2.  
But   while   low-pressure   refrigerants   are   commonly   used   in   large   chillers   based   on   centrifugal  
compressors   and   flooded   evaporators,   they   carry   a   significant   pressure-drop   penalty   with   the  
compressor  and  heat-exchanger  technologies  commonly  used  in  small  unitary  systems.  To  extend  
turbo-compressor   technology   to   smaller   systems,   the   U.S.   Department   of   Energy   has   funded   a  
project  to  “demonstrate  a  high  efficiency  centrifugal  compressor  design  …  in  the  1.5-  to  10-ton  range”  
(i.e.,  5.3  kW  to  35  kW  cooling  capacity)  (U.S.  DOE,  2015).  Verma  (2018)  stated  that  the  refrigerant  
to  be  used  was  proprietary,  but  that  it  was  a  “low-GWP,  nonflammable,  high-efficiency  refrigerant”  
with  “lower  superheat.”  These  characteristics  suggest  a  more-complex,  lower-pressure  molecule,  as  
discussed  in  Section  4.1.  Thus,  different  technologies  might  expand  the  range  of  refrigerant  choices.  
5.3.  

System  Configuration  

Natural   refrigerants,   such   as   ammonia   and   hydrocarbons,   have   excellent   thermodynamic  
characteristics  and  were  among  the  highest-efficiency  fluids  identified  in  the  cycle  simulations  carried  
out   by   McLinden   et   al.   (2017)   and   Domanski   et   al.   (2017).   Their   application   to   many   types   of  
systems,   however,   is   constrained   by   the   limited   charge   sizes   allowed   by   safety   codes   (e.g.,  
ASHRAE,  2016b).  Such  charge  limits  are  considerably  relaxed  if  the  refrigeration  system  sits  outside  
the   occupied   space,   and   this   would   imply   a   separate   heat-transfer   loop.   This   has   long   been   the  
normal  practice  with  water  chillers.  More  recently,  supermarket  systems  have  employed  a  central  
machine  room  with  an  ammonia-based  system  and  heat-exchange  loops  to  the  display  cases,  with  
CO 2  serving  as  the  heat-transfer  fluid  (Pearson  and  Campbell,  2010).  Such  a  system  also  avoids  
the  often-high  leakage  rates  of  high-GWP  refrigerants  experienced  with  long  piping  runs  that  feed  
direct-expansion  evaporators  in  the  display  cases.  
Heat-exchange  loops  could  also  be  applied  to  other  systems,  such  as  residential  air  conditioning.  A  
factory-sealed   refrigeration   system   could   more   easily   achieve   very-low   leakage   rates   as   well   as  
reduced   refrigerant   charge—minimizing   the   environmental   impact   if   a   high-GWP   refrigerant   were  
used   or   reducing   the   safety   hazards   of   a   flammable   or   toxic   refrigerant.   A   separate   loop   would,  
however,  incur  an  efficiency  penalty  (Payne  et  al.,  1999).  
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5.4.  

      
Temperature  Glide  With  Refrigerant  Mixtures  

With   a   refrigerant   mixture,   condensation   and   evaporation   at   a   constant   pressure   are   no   longer  
constant-temperature   processes   (except   for   the   special   case   of   an   azeotropic   blend),   but   rather,  
take  place  over  a  range  of  temperature—the  so-called  temperature  glide.  (The  temperature  glide  is  
defined  as  the  “difference  between  the  starting  and  ending  temperatures  of  a  phase  change  process”  
(ASHRAE,  2016a).)  With  proper  heat  exchanger  design,  such  a  temperature  glide  can  be  exploited  
to   more   closely   match   the   temperature   profile   of   the   fluid   (e.g.,   air)   being   heated   or   cooled,   thus  
increasing  the  efficiency  of  the  cycle.  This  idea  traces  back  to  Lorenz  (1894)  and  is  sometimes  called  
the   Lorenz   cycle.   While   many   refrigerant   blends   are   in   common   use   today,   most   of   these   are  
azeotropic  or  “near-azeotropic”  blends  with  temperature  glides  of,  at  most,  a  few  kelvins.  Blends  with  
larger   glides   are   perceived   to   not   be   compatible   with   common   cross-flow   refrigerant-to-air   heat  
exchangers  and  to  present  servicing  difficulties  because  fractionation  of  the  blend  components  can  
occur.  
The  pressure  drop  down  the  length  of  the  condenser  and  evaporator  also  results  in  a  temperature  
glide  (even  with  a  pure-fluid  refrigerant),  because  the  saturation  temperature  decreases  along  with  
the  pressure.  This  effect  would  amplify  the  temperature  glide  of  a  blend  in  the  condenser  but  reduce  
it  in  the  evaporator.  This  effect  could  be  used  to  reduce  the  heat-transfer  irreversibilities  in  a  cross-
flow  evaporator.  Seeton  (2018)  suggested  exploiting  this  effect  to  the  extreme  by  combining  a  high-
glide  blend  with  a  very-high  pressure  drop  down  the  length  of  the  evaporator  (essentially  moving  
some   portion   of   the   expansion   process   into   the   evaporator),   achieving   a   more   nearly   isothermal  
evaporation  process.  This  idea  has  not  been  tested,  but  is  mentioned  as  an  example  of  an  out-of-
the-box   idea   that   could   circumvent   some   of   the   trade-offs   being   encountered   with   low-GWP  
refrigerants.  For  example,  CO 2  offers  the  possibility  to  reduce  flammability,  but  blends  with  a  high  
concentration   of   CO2   often   have   very-high   glides.   On   the   other   hand,   the   use   of   relatively   low-
pressure  refrigerants  often  entails  significant  pressure  drop  penalties  that  might  be  mitigated  by  this  
approach.    
When  optimizing  systems  with  different  blends  and  temperature  glides  the  heat-exchanger  geometry  
is  a  design  parameter,  but  the  constraint  of  a  constant  total  heat-exchanger  area  is  often  assumed.  
This  corresponds  to  an  approximately  constant-cost  constraint.  Zühlsdorf  et  al.  (2019),  on  the  other  
hand,  argue  that  the  potential  for  higher  efficiency  when  fully  utilizing  the  temperature  glide  of  blends  
justifies  (and  might  require)  a  higher  initial  cost.  
5.5.  

Flammability  

While  the  tradeoff  of  GWP  versus  flammability  was  linked  to  thermodynamic  factors  in  Section  4.2,  
the   adaptations   necessary   to   safely   implement   a   flammable   refrigerant   are   in   the   realm   of   safety  
engineering.   Thermodynamic   properties   might,   however,   be   a   factor   if   different   system  
configurations  are  considered.    

6.   SUMMARY  AND  CONCLUSIONS  
This  paper  has  considered  some  of  the  thermodynamic  considerations  underlying  the  selection  of  
alternatives  to  the  high-GWP  refrigerants.  A  fluid  must  possess  certain  fundamental  thermodynamic  
properties  to  be  suitable  for  use  as  a  refrigerant,  with  the  critical  temperature  and  pressure  and  the  
heat  capacity  of  the  vapor  having  the  largest  impact  on  efficiency.  Thermodynamics,  in  the  form  of  
the  enthalpy  of  formation  and  free  energy  of  reaction,  underlie  the  flammability  of  a  fluid.  The  different  
thermodynamic  properties  of  the  “new”  refrigerants  may  require  modifications  to  the  cycle  or  system  
configuration.    
Calm  (2008)  introduced  the  concept  of  “refrigerant  generations,”  and  he  characterizes  the  current,  
fourth   generation   of   refrigerants   as   driven   by   “attention   to   global   warming.”   Later,   Calm   (2012)  
posited   that,   in   view   of   limited   options,   a   fifth   generation,   which   would   “re-examine   previously  
discarded   candidates”,   may   be   forthcoming   as   the   full   range   of   tradeoffs   are   considered.   But   the  
results   of   McLinden   et   al.   (2017)   indicate   (as   summarized   in   Section   3.4)   that   there   are   no  
fundamentally   new   classes   of   chemicals   available   for   use   in   vapor-compression   refrigeration  
systems.  While  the  “re-examination”  discussed  by  Calm  (2012)  may  well  occur,  the  situation  may  be  
to  return  (recycle?)  to  earlier  generations,  such  as  the  ammonia,  CO2,  and  hydrocarbons  of  the  first  
generation  of  “whatever  works.”  Let  us  hope  that  we  are  not  forced  back  to  a  “generation  zero”  of  
harvesting  ice  from  frozen  lakes.  
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NOMENCLATURE  
CFC     
COP     
  
Cp˚  
GWP     
GWP20    
GWP100  
h,  H     
HCFC     
HFC     
HFO     
ODP     
ODS     

chlorofluorocarbon  
coefficient  of  performance  
heat  capacity  in  the  limit  p  →  0  
global  warming  potential  
global  warming  potential  for  a  
time  horizon  of  20  years  
global  warming  potential  for  a  
time  horizon  of  100  years  
enthalpy  
hydrochlorofluorocarbon  
hydrofluorocarbon  
hydrofluoroolefin  
ozone  depletion  potential  
ozone  depleting  substance  

     pressure  
   volumetric  heating  or  cooling  
capacity  
s,  S      entropy  
T  
   temperature  
DHf      heat  of  formation  
D  
   change  in  a  quantity  
w  
   acentric  factor    
Subscripts  
c  
   critical  point  value  
NBP      normal  boiling  point  
Superscripts  
o  
   ideal-gas  state  

p  
Qvol  

REFERENCES  
ASHRAE,  2016a.  ANSI/ASHRAE  Standard  15-2016  Safety  Standard  for  Refrigeration  Systems.  
American  Society  of  Heating,  Refrigerating  and  Air-Conditioning  Engineers,  Atlanta,  GA  
USA.  
ASHRAE,  2016b.  ANSI/ASHRAE  Standard  34-2016  Designation  and  Safety  Classification  of  
Refrigerants.  American  Society  of  Heating,  Refrigerating  and  Air-Conditioning  Engineers,  
Atlanta,  GA  USA.  
ASHRAE,  2017.  Addendum  f  to  ANSI/ASHRAE  Standard  34-2016:    Designation  and  Safety  
Classification  of  Refrigerants.  American  Society  of  Heating,  Refrigerating  and  Air-
Conditioning  Engineers,  Atlanta,  GA  USA.  
ASHRAE,  2018.  Proposed  Addendum  t  to  Standard  34-2016,  Designation  and  Safety  
Classification  of  Refrigerants.  American  Society  of  Heating,  Refrigerating  and  Air-
Conditioning  Engineers,  Atlanta,  GA  USA.  
Brown,  J.S.,  2013.  Introduction  to  hydrofluoro-olefin  alternatives  for  high  global  warming  potential  
hydrofluorocarbon  refrigerants.  HVAC&R  Research  19,  693-704.  
Calm,  J.M.,  2008.  The  next  generation  of  refrigerants—Historical  review,  considerations,  and  
outlook.  Int.  J.  Refrig.  31,  1123-1133.  
Calm,  J.M.,  2012.  Refrigerant  transitions  …  Again,  2012  ASHRAE/NIST  Refrigerants  Conference.  
ASHRAE,  Inc.,  Gaithersburg,  MD  USA.  
Calm,  J.M.,  Didion,  D.A.,  1997.  Trade-offs  in  refrigerant  selection:    Past,  present  and  future,  
ASHRAE/NIST  Refrigerants  Conference:    Refrigerants  for  the  21st  Century,  Gaithersburg,  
MD    USA,  October  6-7,  pp.  6-19.  
Domanski,  P.A.,  1995.  Minimizing  throttling  losses  in  the  refrigeration  cycle,  19th  International  
Congress  of  Refrigeration.  IIF/IIR,  The  Hague,  The  Netherlands,  pp.  766-773.  
Domanski,  P.A.,  Brignoli,  R.,  Brown,  J.S.,  Kazakov,  A.F.,  McLinden,  M.O.,  2017.  Low-GWP  
refrigerants  for  medium  and  high-pressure  applications.  Int.  J.  Refrig.  84,  198-209.  
Domanski,  P.A.,  Brown,  J.S.,  Heo,  J.,  Wojtusiak,  J.,  McLinden,  M.O.,  2014.  A  thermodynamic  
analysis  of  refrigerants:  Performance  limits  of  the  vapor  compression  cycle.  Int.  J.  Refrig.  38,  
71-79.  
Downing,  R.C.,  1988.  Fluorocarbon  refrigerants  handbook.  Prentice-Hall,  Inc.,  Englewood  Cliffs,  
New  Jersey  USA.  

      
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

26

      
European  Environment  Agency,  2014.  Regulation  (EU)  No  517/2014  of  the  European  Parliament  
and  of  the  Council  of  16  April  2014  on  fluorinated  greenhouse  gases  and  repealing  
Regulation  (EC)  No  842/2006.  
Goetzler,  W.,  Zogg,  R.,  Young,  J.,  Johnson,  C.,  2014.  Energy  Savings  Potential  and  RD&D  
Opportunities  for  Non-Vapor-Compression  HVAC  Technologies,  Report  to  U.S.  Department  
of  Energy.  
Hashimoto,  M.,  Otsuka,  T.,  Fukushima,  M.,  Okamoto,  H.,  Hayamizu,  H.,  Ueno,  K.,  Akasaka,  R.,  
2019.  Development  of  New  Low-GWP  Refrigerants:    Refrigerant  Mixtures  Including  HFO-
1123.  Sci.  Tech.  Built.  Environ.  25.  
Hodnebrog,  Ø.,  Dalsøren,  S.B.,  Myhre,  G.,  2018.  Lifetimes,  direct  and  indirect  radiative  forcing,  
and  global  warming  potentials  of  ethane  (C2H6),  propane  (C3H8),  and  butane  (C4H10).  Atmos.  
Sci.  Lett.  19,  e804.  
Houghton,  J.T.,  Jenkins,  G.J.,  Ephraums,  J.J.,  Eds.,  1990.  Climate  Change:  The  IPCC  Scientific  
Assessment.  Cambridge  University  Press,  Cambridge,  England.  
Huber,  M.L.,  Ely,  J.F.,  1994.  A  predictive  extended  corresponding  states  model  for  pure  and  mixed  
refrigerants  including  an  equation  of  state  for  R134a.  Int.  J.  Refrig.  17,  18-31.  
IPCC,  2014.  Climate  Change  2014:  Synthesis  Report.  Contribution  of  Working  Groups  I,  II  and  III  
to  the  Fifth  Assessment  Report  of  the  Intergovernmental  Panel  on  Climate  Change,  
Pachauri,  R.K.,  Meyer,  L.A.  (Eds.).  IPCC,  Geneva  Switzerland.  
Kazakov,  A.,  McLinden,  M.O.,  Frenkel,  M.,  2012.  Computational  design  of  new  refrigerant  fluids  
based  on  environmental,  safety,  and  thermodynamic  characteristics.  Ind.  Eng.  Chem.  Res.  
51,  12537-12548.  
Kim,  S.,  Thiessen,  P.A.,  Bolton,  E.E.,  Chen,  J.,  Fu,  G.,  Gindulyte,  A.,  Han,  L.,  He,  S.,  Shoemaker,  
B.A.,  Wang,  J.,  Yu,  B.,  Zhang,  J.,  Bryant,  S.H.,  2016.  PubChem  substance  and  compound  
databases.  Nucleic  Acids  Res.  44,  D1202-D1213.  
Kujak,  S.,  Schultz,  K.,  2016.  Insights  into  the  next  generation  HVAC&R  refrigerant  future.  Sci.  
Tech.  Built  Environ.  22,  1226-1237.  
Kujak,  S.,  Sorenson,  E.,  2018.  Haloolefins  Refrigerants.  ASHRAE  J.  60,  28-35.  
Lemmon,  E.W.,  Bell,  I.H.,  Huber,  M.L.,  McLinden,  M.O.,  2018.  NIST  Standard  Reference  Database  
23:  Reference  Fluid  Thermodynamic  and  Transport  Properties—REFPROP,  Version  10.0.  
National  Institute  of  Standards  and  Technology,  Gaithersburg,  MD  USA.  

Linteris, G.T., Bell, I., McLinden, M.O., 2019. An empirical model for refrigerant
flammability based on molecular structure and thermodynamics. Int. J. Refrig. (in
press).
Lorenz,  H.,  1894.  Beiträge  zur  Beurteillung  von  Kühlmaschinen.  Zeitschrift  des  VDI  38,  62-68.  
McGowan,  M.K.,  2019.  Progress  report  on  alternative  refrigerants.  ASHRAE  J.  61,  38-41.  
McLinden,  M.O.,  1990.  Optimum  refrigerants  for  non-ideal  cycles:    An  analysis  employing  
corresponding  states,  USNC/IIR–Purdue  Refrigeration  Conference  and  ASHRAE-Purdue  
CFC  Conference,  W.  Lafayette,  IN  USA,  July  17-20,  pp.  69-79.  
McLinden,  M.O.,  Brown,  J.S.,  Brignoli,  R.,  Kazakov,  A.F.,  Domanski,  P.A.,  2017.  Limited  options  
for  low-global-warming-potential  refrigerants.  Nat.  Comm.  8,  14476.  
McLinden,  M.O.,  Didion,  D.A.,  1987.  CFCs:    Quest  for  Alternatives.  ASHRAE  J.  29,  32-42.  
McLinden,  M.O.,  Domanski,  P.A.,  Kazakov,  A.,  Heo,  J.,  Brown,  J.S.,  2012.  Possibilities,  limits,  and  
tradeoffs  for  refrigerants  in  the  vapor  compression  cycle,  2012  ASHRAE/NIST  Refrigerants  
Conference.  ASHRAE,  Inc.,  Gaithersburg,  MD  USA.  
McLinden,  M.O.,  Kazakov,  A.F.,  Brown,  J.S.,  Domanski,  P.A.,  2014.  A  thermodynamic  analysis  of  
refrigerants:  Possibilities  and  tradeoffs  for  Low-GWP  refrigerants.  Int.  J.  Refrig.  38,  80-92.  
Midgley,  T.,  1937.  From  the  periodic  table  to  production.  Ind.  Eng.  Chem.  29,  241-244.  

      
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

27

      
Midgley,  T.,  Henne,  A.L.,  1930.  Organic  fluorides  as  refrigerants.  Ind.  Engr.  Chem.  22,  542-545.  
Morrison,  G.,  1994.  The  shape  of  the  temperature-entropy  saturation  boundary.  Int.  J.  Refrig.  17,  
494-503.  
National  Institute  for  Occupational  Safety  and  Health,  2007.  NIOSH  Pocket  Guide  to  Chemical  
Hazards.  U.S.  Department  of  Health  and  Human  Services.  
Nimitz,  J.,  Lankford,  L.,  1994.  Refrigerants  containing  fluoroiodocarbons  (FICs),  1994  International  
Refrigeration  Conference,  W.  Lafayette,  IN  USA,  July  19-22,  pp.  255-260.  
Payne,  W.V.,  Domanski,  P.A.,  Muller,  J.,  1999.  A  study  of  a  water-to-water  heat  pump  using  
hydrocarbon  and  hydrofluorocarbon  zeotropic  mixtures,  NISTIR  6330.  National  Institute  of  
Standards  and  Technology,  Gaithersburg,  MD  USA.  
Pearson,  A.,  Campbell,  A.,  2010.  Using  CO2  in  supermarkets.  ASHRAE  J.  52,  24-28.  
Seeton,  C.,  2018.  Personal  communication,  Shrieve  Chemical  Company,  The  Woodlands,  TX  
USA.  
Tanaka,  T.,  Okamoto,  H.,  Ueno,  K.,  Irisawa,  J.,  Otsuka,  T.,  Nogami,  T.,  Dobashi,  R.,  2014.  
Development  of  a  new  low-GWP  refrigerant  composed  of  HFO-1123  (trifluoroethylene),  
AIChE  Annual  Meeting.  American  Institute  of  Chemical  Engineers,  Atlanta,  GA  USA.  
Trouton,  F.,  1884.  IV.  On  molecular  latent  heat.  The  London,  Edinburgh,  and  Dublin  Philosophical  
Magazine  and  Journal  of  Science  18,  54-57.  
U.S.  DOE,  2015.  Energy  Department  Invests  Nearly  $8  Million  to  Develop  Next-Generation  HVAC  
Systems  for  Buildings  (press  release).  U.S.  Department  of  Energy,  
https://www.energy.gov/eere/articles/energy-department-invests-nearly-8-million-develop-
next-generation-hvac-systems.  
U.S.  Environmental  Protection  Agency,  2018.  Significant  New  Alternatives  Policy  (SNAP):    SNAP  
Regulations,  https://www.epa.gov/snap/snap-regulations#notices.  
Velders,  G.J.M.,  2016.  unpublished  analysis  based  on  Velders,  et  al.  (2015).  
Velders,  G.J.M.,  Andersen,  S.O.,  Daniel,  J.S.,  Fahey,  D.W.,  McFarland,  M.,  2007.  The  importance  
of  the  Montreal  Protocol  in  protecting  climate.  Proc.  Natl.  Acad.  Sci.  USA  104,  4814–4819.  
Velders,  G.J.M.,  Fahey,  D.W.,  Daniel,  J.S.,  Andersen,  S.O.,  McFarland,  M.,  2015.  Future  
atmospheric  abundances  and  climate  forcings  from  scenarios  of  global  and  regional  
hydrofluorocarbon  (HFC)  emissions.  Atmos.  Environ.  123,  200-209.  
Velders,  G.J.M.,  Fahey,  D.W.,  Daniel,  J.S.,  McFarland,  M.,  Andersen,  S.O.,  2009.  The  large  
contribution  of  projected  HFC  emissions  to  future  climate  forcing.  Proc.  Natl.  Acad.  Sci.  USA  
106,  10949-10954.  
Verma,  P.,  2018.  High  Efficiency  Low  GWP  Compressor,  U.S.  Department  of  Energy,  Building  
Technologies  Office  2018  Peer  Review,  Arlington,  VA  USA,  
https://www.energy.gov/sites/prod/files/2018/06/f52/312106_Verma_043018-1600.pdf  
WMO  (World  Meteorological  Organization),  2018.  Scientific  Assessment  of  Ozone  Depletion:  
2018,  Global  Ozone  Research  and  Monitoring  Project–Report  No.  58.  WMO,  Geneva,  
Switzerland.  
Zühlsdorf,  B.,  Jensen,  J.K.,  Elmegaard,  B.,  2019.  Heat  pump  working  fluid  selection-economic  and  
thermodynamic  comparison  of  criteria  and  boundary  conditions.  Int.  J.  Refrig.  98,  500-513.  
  

      
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

28

Manuscript  ID:  1832  
DOI:  10.18462/iir.icr.2019.1832  

  
Rational  approach  to  refrigerant  charge  reduction  
Pega  HRNJAK  
University  of  Illinois  at  Urbana-Champaign,  Department  of  Science  and  Engineering,  
Urbana,  IL,  61820,  USA  
Creative  Thermal  Solutions,  
Urbana,  IL,  61802,  USA,  pega@illinois.edu  

ABSTRACT  
This   paper   presents   an   overview   of   the   reasons   for   charge   reduction   in   air   conditioning   and  
refrigeration  systems  and  discusses  strategies  for  charge  reduction:  in  compressors  (oil),  vessels,  
pipes,   and   heat   exchangers.      The   focus   is   on   heat   exchangers,   microchannel   in   particular.      In  
addition  to  a  trivial  reduction  of  internal  volume  as  a  strategy  for  charge  reduction,  the  effect  of  mass  
flux  on  void  fraction  and  needed  manipulation  of  circuiting  is  presented.    A  framework  and  example  
of  comparison  between  refrigerants  based  on  their  potential  for  low  condenser  charge  is  provided.  
Keywords:  Refrigerant,  Safe  and  efficient  operation  

1.  INTRODUCTION  
1.1  Reasons  for  charge  reduction  
Reduction  of  refrigerant  charge  (inventory)  is  attractive  for  any  refrigerant  for  several  reasons:  
•   Low  charge  may  expand  the  possibilities  for  some  very  good  refrigerants  (high  cycle  efficiency,  
high  heat  transfer/pressure  drop  performance,  etc.)  in  areas  and  locations  where  either  these  
fluids   are   totally   restricted   or   only   allowed   in   limited   quantities   due   to   flammability   or   toxicity  
issues.      This   is   particularly   true   for   fluids   like   ammonia   and   hydrocarbons   which   in   some  
applications  and  locations  are  already  accepted  below  certain  levels  (typically  150  kg  for  NH3  
and  150  or  50  g  for  HCs).  
•   System   efficiency   could   be   increased   in   cycling   when   refrigerant   migration   in   off   periods   is  
significant.  
•   Direct   environmental   effects   (limited   importance   for   ammonia   or   hydrocarbons)   are   reduced:  
ozone  depleting  issues  if  any,  global  warming  issues,  etc…  especially  in  the  case  of  catastrophic  
leaks.  
Reduction   of   the   first   costs   for   refrigerant   and   lubricant   expenses   (again   not   very   important   for  
ammonia  or  hydrocarbons  since  they  are  very  inexpensive).  
1.2  Possible  drawbacks  of  low  charge  
Reducing  charge  beyond  some  point  could  result  in  problems  in  operation  such  as:    
•   If  receiver  is  inadequate,  then  small  leaks  will  result  in  insufficient  charge  thus  reducing  
performance.  
•   If  charge  reduction  is  achieved  by  reducing  the  hydraulic  diameter  of  pipes  too  severely,  
then  pressure  drops  and  flashing  may  affect  efficiency  and  perhaps  capacity.  
•   Reduced   reliability   of   pumps   (if   present)   due   to   possible   vapor   entrainment   and  
cavitation.  
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STRATEGIES  FOR  CHARGE  REDUCTION:  
1.3  In  the  system  
The  first  and  almost  trivial  option  for  charge  reduction  is  to  add  another  fluid  loop  in  the  refrigeration  
system   and   in   that   way   reduce   the   primary   refrigerant   charge.      These   options   could   be   either  
cascades  or  secondary  refrigerant  loops  which  actually  turn  a  refrigeration  system  into  a  chiller  with  
either  single  or  two  phase  secondary  refrigerants.    These  options  were,  and  are,  very  popular  for  
their   simplicity.   Refrigerant   in   the   primary   (or   only)   system   is   in   each   component:   compressor,  
vessel(s),  liquid,  two  phase  and  suction  lines,  and  finally,  heat  exchangers  
Reducing   refrigerant   charge   in   compressor   by   a)   reducing   the   internal   volume   b)   reducing   the  
quantity  of  lubricant  and  c)  reducing  refrigerant  solubility  (if  reasonable).    Needless  to  say,  reduction  
of  the  volume  on  the  high  side  yields  greater  results  than  on  the  suction  due  to  density  difference.    A  
part  of  lubricant  charge  in  the  compressor  is  a  function  of  refrigerant  charge  in  the  system  to  allow  
for   oil   retention   in   the   system.      Minimized   internal   volume   of   the   system   in   refrigerant   charge  
reduction  process  makes  request  for  lubricant  charge  reduction  stronger.    Acceptance  of  that  request  
will  result  in  further  refrigerant  charge  reduction.    Reduction  of  liquid  quantities  in  vessels  can  be  
achieved  by  reducing  their  volume  and  liquid  levels  
Reduction   of   the   refrigerant   charge   in   pipes   is   typically   achieved   by   reducing   internal   volume  
(diameter   and   possibly   even   length).      Reduction   of   diameter   results   in   increased   pressure   drops.    
Pressure   drops   in   liquid   lines   do   not   affect   the   system   performance   but   can   cause   non-desirable  
flashing  which  affects  the  operation  of  flow  controllers.    Pressure  drops  in  suction  lines  affect  system  
efficiency  and  therefore  may  not  be  advisable  
The  most  attractive  and  important  strategy  is  to  reduce  the  charge  in  heat  exchangers.    Reduction  
of   refrigerant   charge   in   heat   exchangers   is   always   related   to   a   reduction   in   internal   volume.   One  
must  be  careful  to  balance  the  adverse  effects  regarding  either  increased  pressure  drop  or  reduced  
heat  transferred  
1.4  In  heat  exchangers  
Every  refrigerant  inventory  reduction  strategy  is  related  to  reducing  the  internal  volume.    It  is  a  great  
advantage  that  reduction  of  the  volume  is  proportional  to  the  channel  diameter  squared  while  heat  
transfer  area  is  a  linear  function  of  the  diameter.  Nevertheless  reduction  of  the  internal  volume  is  just  
one,  relatively  trivial,  path  to  reaching  the  objective  
In  the  cases  of  spray  evaporators,  significant  charge  reductions  were  achieved  compared  to  shell  
and  tube  even  for  the  same  volume.  
To   provide   sufficient   capacity   with   in-tube   flow   heat   exchangers,   it   is   necessary   to   provide   a  
refrigerant  flow  that  is  inversely  related  to  the  latent  heat  of  vaporization  (hfg).    Therefore,  refrigerants  
with  larger  values  latent  heats  will  have  lower  mass  flow  rates  for  the  same  capacity  and  all  else  
being  equal,  will  have  lower  pressure  drop  compared  to  those  that  require  higher  flow  rate.  These  
lower  pressure  drops  may  then  allow  for  smaller  diameter  tubes  to  be  utilized.  
Heat  transfer  effects  of  the  charge  reduction  strategies  are  related  to  refrigerant  side  heat  transfer.    
Higher  heat  transfer  coefficients  mean  that  smaller  surfaces  are  required  for  a  given  duty.    The  effect  
of  refrigerant  heat  transfer  coefficient  is  greater  for  heat  exchangers  where  the  refrigerant  side  is  a  
relatively  large  component  of  the  total  heat  transfer  resistance.    As  an  example,  charge  is  easier  to  
be   minimized   in   heat   exchangers   such   as   water   cooled   condensers   or   chiller   evaporators   where  
water,  rather  than  air,  is  heated  or  cooled.    This  is  because  a  greater  heat  transfer  area  is  required  
for  a  given  capacity  in  the  case  of  a  heat  exchanger  with  air  due  to  its  lower  overall  heat  transfer.  
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coefficient.      Thus,   it   will   be   easier   to   reduce   the   charge   of   refrigerants   that   have   thermophysical  
properties  which  provide  higher  heat  transfer  coefficients  (specific  heat,  conductivity,  latent  heat  of  
vaporization,   etc.).      In   addition,   those   refrigerants   that   allow   flow   regimes   that   are   better   for   heat  
transfer  (annular  or  intermittent  in  evaporation  or  mist  in  condensation)  or  geometries  that  stimulate  
such  flow  regimes  (i.e.  microfins)  will  provide  better  opportunities  for  change  reduction.    Whether  
these  opportunities  will  be  realized  is  a  function  the  adequacy  of  the  design.  
Every   reduction   of   internal   diameter,   with   everything   else   being   the   same,   will   increase   pressure  
drop.      The  option  to  reduce  the  pressure  drop  in  the  same  diameter  tube  with  the  same  fluid  is  to  
reduce  the  length  of  the  tube  or  decrease  flow  through  the  tube.    This  drives  heat  exchanger  design  
towards  parallel  flows  of  small  diameter  tubes  with  the  shortest  possible  circuits.    That  practically  
means   a   single   pass   design   with   very   small   channel   diameters.      That   indicates   a   parallel   heat  
exchanger  design  with  single  pass  as  an  asymptote  
Nevertheless,  the  reality  is  more  complex  than  this  straight  forward  direction.    The  main  goal  should  
be   to   optimize   system   COP   for   a   given   mass   flow   by   studying   the   interplay   of   heat   transfer   and  
pressure  drop.    A  fine  discussion  of  this  subject  was  given  by  Cavallini,  2011.  
When  calculating  the  refrigerant  charge  in  a  heat  exchanger,  engineers  typically  use  void  fraction,  α  
(α=Vapor   volume/(Vapor+Liquid   Volumes))   as   a   main   variable.   Fig.   1   presents   the   relationship  
between  R134a  and  void  fraction  in  a  microchannel  tube  (Nino  et.  al.  2002).  
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Figure  1:  Void  fraction:  relationship,  concept,  and  some  values  

Void   fraction   is   a   misnomer.      There   are   no   voids   in   any   heat   exchanger.      Better   name   would   be  
“vapor  volume  fraction”.    Even  more,  we  are  interested  not  in  vapor  but  instead  in  liquid  because  
liquid  carries  the  mass  of  refrigerant  which  we  are  trying  to  reduce.    So,  the  mass  of  liquid  Ml  can  be  
presented  as:  
𝑴𝒍 =

𝑳
𝟎

𝟏 − 𝜶 𝝆𝒍 𝑨𝒅𝒛                                                                                                              Eq.  (1)  

And  the  total  mass  is  calculated  as:  
𝑴 = 𝑴𝒍 + 𝑴𝒗 = 	
  

𝟏 − 𝜶𝒊 𝝆𝒍 𝑨∆𝒛𝒊 +

𝜶𝒊 𝝆𝒗 𝑨∆𝒙𝒛𝒊                                                   Eq.  (2)  

It  is  very  important  to  have  in  mind  that  the  void  fraction  is  a  function  of  mass  flux  (this  fact  even  
some  void  fraction  correlations  neglect).    This  relationship  is  a  very  important  tool  when  designing  to  
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reduce   refrigerant   charge.      The   trend   is   the   same   as   discussed   above:   reduction   in   diameter  
increases   mass   flux   and   increases   void   fraction,   consequently   reducing   charge.      This   trend   was  
obvious  from  the  graph  shown  in  Fig.  1.  
There  is  a  practical  difficulty  when  following  the  strategy  described  above.    When  a  higher  capacity  
of   a   heat   exchanger   is   desired,   the   number   of   parallel   passes   increases;;   consequently   headers  
where   channel   flows   will   merge   are   becoming   larger.      Flow   regimes   in   headers   are   less   well  
described  and  much  less  predictable,  but  typically  void  fractions  are  lower  in  header  than  in  tubes.  
Probably  the  best  known  low  charge  heat  exchangers  based  on  reduction  of  internal  volume  are  of  
the  microchannel  type.    They  offer  extremely  low  charge  (less  than  10  g/kW  even  for  air  on  the  other  
side),  unless  the  headers  are  designed  incorrectly.    Hrnjak  and  Litch  (2001)  reported  charges  of  18  
g/kW  for  a  15  kW  air  cooled  microchannel  ammonia  chiller  with  refrigerant  charge  of  6  g/kW  in  a  
condenser  only.    Traeger  and  Hrnjak  (2005)  reported  an  R290  system  with  8-10  g  of  charge  in  a  
1kW  serpentine  microchannel  evaporator.    There  are  some  microchannel  heat  exchanger  designs  
with  water  as  the  fluid  on  the  other  side  (see  Palm,  2009).  
Other   effective   low   charge   heat   exchangers   are   the   plate   type.      They   are   better   known   in   chiller  
applications  and  are  typically  made  of  stainless  steel  which  is  either  brazed  with  copper  or  nickel  or  
else  are  gasketed.    Similar  variations  are  becoming  more  common  in  plate  and  shell  designs.    Plate  
heat   exchangers  with   air   on   the  other   side   are   predominantly   used   in   automotive   a/c   systems   as  
evaporators.    Typical  refrigerant  charges  in  larger  heat  exchangers  (Pearson,  2003)  are  1  kg/kW,  
0.5   kg/kW,   and   0.25   kg/kW   for   shell   and   tube,   plate,   and   gravity   fed   plate   heat   exchangers,  
respectively.  
Z.  Ayub,  (1996)  reports  on  low  charges  (54  g/kW)  in  large  spray  evaporators  for  ammonia  (4MW).  

2.  INFLUENCE  OF  MASS  FLUX  ON  CHARGE  REDUCTION  
Even   though   void   fraction   has   been   studied   extensively   [see   Zivi,   (1964),   Butterworth,   (1975),  
Newell,  (1999),  Adams  et  al.,  (2003)  &  (2006),  etc.].    Mass  flux  effects  were  not  always  considered.  
Typically,  for  a  given  fluid  and  local  quality,  increasing  the  mass  or  heat  flux,  will  alter  flow  regimes  
in  a  way  that  increases  void  fraction  thus  reducing  charge.  
Nino   et   al,   (2002)   showed   the   effect   of   mass   flux   on   the   void   fraction   for   R134a   in   microchannel  
tubes  (Fig.  1),  while  Adams,  Hrnjak,  and  Newell,  (2003)  shed  some  light  on  void  fraction  for  ammonia  
(shown  in  Figs  2  and  3),  carbon  dioxide,  and  R245fa  in  microchannels.  Figs  2  and  3  present  void  
fraction   as   a   function   of   quality   for   three   mass   fluxes,   along   with   correlation   predictions   from   the  
homogenous  and  Nino  et  al.,  (2002)  models.  It  is  obvious,  despite  some  scattering  of  experimental  
data  that  higher  mass  fluxes  result  in  higher  void  fractions  (reduced  refrigerant  charges).    Photos  in  
Figs  4,  5,  and  6  [from  Niño,  Hrnjak,  &  Newell,  (2002)]  provide  visual  evidence  of  the  same  trend,  in  
transparent  microchannels,  for  R134a,  R410a,  and  air-water  (whose  fluid  flow  resembles  ammonia).  
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Fig.  2:  Void  fraction  of  ammonia  in  a  six  port  microchannel  tube,  Adams,  Hrnjak  and  Newell,  2003    
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Fig.  3:  Void  fraction  of  ammonia  in  a  14  port  microchannel  tube,  Adams,  Hrnjak  and  Newell,  2003  

A  comparison  between  the  predictions  from  a  3-zone  approach  and  a  5-zone  approach  is  shown  in  
Fig.  6.  For  the  3-zone  approach,  Churchill  correlation  and  correlation  by  Friedel  (1979)  are  used.  
There  is  obvious  underprediction  in  the  CSH  region  due  to  the  neglect  of  liquid-vapor  interaction,  
which  is  the  waves  mentioned  above.  Using  the  5-zone  approach  in  this  section,  the  underprediction  
is  corrected  and  the  overall  accuracy  of  the  model  prediction  improves.  The  5-zone  approach  also  
creates  a  seamless  line  throughout  all  5  regions,  which  is  hardly  achieved  by  the  3  zone  approaches.  
The  seemingly  continuous  curve  in  Fig.  6  with  the  3-zone  approach  is  artificially  created  by  using  
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Churchill   instead   of   Blasius   equation   in   the   Friedel   correlation.   In   this   way   the   effect   of   surface  
roughness  can  be  consistence  in  SH,  TP  and  SC  regions.  Fig.  7  shows  the  comparison  between  the  
predictions  by  the  5-zone  approach  and  the  experimental  data,  which  is  from  the  condensation  of  
R32,  R134a  and  R1233zd(E)  at  30   oC  in  4  and  6  mm  tubes  under  mass  fluxes  ranged  from  100  to  
400  kg  m-2  s-1.  The  model  predictions  have  a  difference  smaller  than  10%  with  the  experimental  data,  
most  of  which  are  in  the  lower  magnitude  region.  This  is  probably  due  to  the  systematic  error  when  
the  pressure  drop  is  small.  New  experiments  on  mixtures  and  microchannels  are  on  the  way.  

  

Fig.  4:  Void  fraction  as  a  function  of  mass  flux  and  quality  (R134a,  9  ports  of  1  mm),  Nino,  Hrnjak,  
Newell,  2003  

  

  

Fig.  5:  Void  fraction  as  a  function  of  mass  flux  and  quality  (R410A,  9  ports  of  1  mm),  Nino,  Hrnjak,  
Newell,  2003    
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Fig.  6:  Void  fraction  as  a  function  of  mass  flux  and  quality  (Air-Water,  9  ports  of  1  mm),  Nino,  Hrnjak,  
Newell,  2003    

3.  POTENTIAL  FOR  CHARGE  REDUCTION  IN  SOME  REFRIGERANTS  
As   discussed   previously,   it   is   clear   that   low   charge   is   beneficial   for   every   refrigerant   in   every  
application.  
Comparisons   of   refrigerants   based   on   their   efficiency   are   common.      The   basis   for   efficiency  
comparison   is   cycle   analysis   (typically   Rankine   or   Evans-Perkins).      Cycle   analysis   involves  
significant  simplification  that  could  be  even  misleading  in  some  cases.    It  does  not  include  realities  
of   the   heat   exchanger   (heat   transfer,   pressure   drops,   power   for   air   or   water   movers,   etc.).      That  
approach  is  based  on  thermodynamics  and  is  accepted  as  a  first  approximation  in  the  comparative  
analysis.  
It  would  be  interesting  to  know  whether  refrigerants  can  be  compared  based  on  their  potential  for  
charge  reduction.    We  will  try  to  present  here  the  concept  to  compare  refrigerants  based  on  their  
potential  for  charge  reduction  in  heat  exchangers  and  illustrate  it  with  an  example.    The  concept  is  
in   principle   based   on   assumption   that   refrigerant   which   is   less   sensitive   to   reduction   of   internal  
volume  and  has  less  (high  void  fraction)  and  lighter  (lower  density)  liquid  has  greater  potential  for  
charge  reduction.  The  sensitivity  to  reduction  of  internal  volume  is  defined  by  reduction  of  COP  due  
to  pressure  drop.    Pressure  drop  is  a  function  mostly  of  mass  flow  rate  determined  by  (available)  
portion  of  latent  heat,  specific  volume  of  vapor,  and  viscosity  of  liquid.  
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3.1  Approach  for  comparison  
As  said  above,  the  most  logical  starting  point  for  reducing  charge  in  heat  exchangers  begins  with  the  
reduction  of  internal  volume.    A  result  of  reducing  the  pipe  diameter  is  increased  pressure  drop.    The  
fair  comparison  of  refrigerants  should  be  based  not  on  equal  pressure  drop  itself  but  on  the  effect  
pressure  drop  has  on  efficiency  (COP)  while  maintaining  the  same  capacity.  
The  heat  transfer  on  both  sides  (not  only  on  refrigerant  that  is  mostly  affected  when  varying  design  
options  for  charge  reduction)  is  important  and  affects  the  result.    That  is  the  reason  why  maintaining  
identical  air  side  is  important.    To  maintain  identical  outside  (air-side)  conditions  for  each  refrigerant,  
the  heat  exchanger  type  selected  is  the  microchannel  serpentine  (two  circuits)  shown  in  the  Fig.  7  
and  with  dimensions  given  in  Table  1.    Selection  of  microchannel  type  is  due  to  its  relevance  today  
and  for  its  anticipated  acceptance  by  more  manufacturers.    In  addition,  high  heat  transfer  coefficients  
and  fin  enhancement  place  this  type  of  heat  exchanger  between  conventional  round  tube  plate  fin  
types   and   water   cooled   or   cooling   types,   providing   a   more   universal   basis   for   conclusion.      A  
serpentine  design  was  selected  to  avoid  uncertainties  in  predicting  the  charge  in  headers  for  various  
refrigerants.    The  serpentine  design  does  not  reduce  the  generality  of  the  conclusions  or  even  limit  
the  increase  in  mass  flux.  
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Fig.  7:  Baseline  serpentine  condenser  design  
Tab.  1:  Geometry  of  the  condenser  

Fins  

Tubes  

Fin  height  [mm]  

8  

Fin  depth  [mm]  
Fin  thickness  
[mm]  
Fins  per  inch  [in-1]  

35  

        Number  of  tubes  
(circuits)  
Tube  thickness  [mm]  

0.15  
15  

Fin  pitch  [mm]  

1.41  

Louver  height  
[mm]  
Louver  pitch  [mm]  
Louver  angle  [o]  

7.84  
1.72  
27  

Overall  

2  

Width  [mm]  

275  

2.3  

Height  [mm]  

200  

Tube  depth  [mm]  

35  

Depth  [mm]  

30  

Number  of  ports  [-]  
  Hydraulic  diameter  
[mm]  
  Absolute  roughness  
[mm]  
    
    

25  

Circuits  [-]  
Runs  per  circuit  
[-]  

2  

0.001  

Air  HT    area  [m2]  

1.612  

    
    

    
    

    
    

Varies  

10  
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For  the  example  presented  here,  the  internal  diameter  of  the  channel  was  the  only  variable  in  the  
model  used  to  adjust  refrigerant  pressure  drop.  In  the  experiments  it  was  easier  to  vary  the  number  
of  active  channels  and  the  model  was  adjusted  to  facilitate  validation.  
To  estimate  the  condenser  charge  required  for  different  refrigerants,  the  internal  volumes  (diameters)  
of  identical  baseline  heat  exchangers  are  shrunk  to  create  a  pressure  drop  which  causes  an  equal  
(here   selected   1%)   reduction   in   COP.      Certainly,   1%   is   arbitrary   value,   but   it   is   equal   for   each  
refrigerant.    One  could  question  if  equal  penalty  is  fair,  Wujek,  (2012).    More  about  this  subject  may  
be  found  in  Hrnjak  (2009)  and  Padilla  and  Hrnjak  (2012).  
The  adopted  model  takes  into  account  the  effect  of  the  ratio  between  the  refrigerant  and  air  side  heat  
transfer  areas  when  iterating  to  find  the  solution.  
A  fair  comparison  of  minimum  refrigerant  charges  requires  maintaining  the  system  capacity  while  
modeling   heat   exchangers   with   the   same   face   area,   exterior   tube   dimensions,   identical   fins,   and  
same  operating  conditions  on  the  air  side  (velocity,  temperature,  humidity).  Additionally,  the  effect  of  
the  condenser  on  the  rest  of  the  refrigerant  side  of  the  system  should  be  the  same.    Here  it  is  defined  
as  a  1%  difference  between  COPs  of  the  system  with  a  real  condenser  and  one  without  pressure  
drop   on   the   refrigerant   side.      The   condenser   channel   diameter   is   modified   to   generate   the   same  
degradation  of  COP  due  to  refrigerant  side  pressure  drop  compared  to  an  ideal  condenser  (without  
pressure  drop)  while  maintaining  the  same  evaporator  capacity.  A  similar  option  would  be  to  vary  
the  number  of  active  channels  while  maintaining  the  channel  diameter  and  the  outer  dimensions  of  
the  flat  tube.    This  approach  has  been  tested  experimentally  in  Hoehne  and  Hrnjak,  (2004).  

  
Fig.  8:  Illustration  of  the  logic  –  pressure  drop  that  causes  1%  change  in  COP  

  
Fig.  8  compares  the  “ideal”  baseline  cycle,  in  solid  line,  to  the  “real”  cycle,  with  pressure  drop,  shown  
with  the  dashed  line.  The  pressure  drop  in  the  “real”  condenser  is  set  to  cause  a  1%  reduction  in  
COP  compared  to  “ideal”  cycle.  Isenthalpic  expansion  and  isentropic  compression  are  assumed  in  
the   ideal   cycle   for   all   fluids.      The   Zivi   void   fraction   model   was   used   because   it   is   refrigerant  
independent  but  consequently  the  effect  of  mass  flux  was  not  reflected.    These  assumptions  do  not  
affect  the  generality  of  conclusions.  Cycle  operating  conditions  in  this  example  are:  Tevaporation=0oC,  
Tairin=20oC,  superheat  5  K.    Based  on  the  evaporator  and  condenser  models,  the  necessary  charge  
to  achieve  1  kW  cooling  capacity  for  various  refrigerants  is  evident  from  the  Fig.  9.    Additionally,  the  
“real”  hydraulic  diameter  of  the  condenser  to  minimize  charge  with  only  1%  degradation  in  COP  can  
be  found,  and  to  make  more  plastic  presentation,  the  size  of  the  squares  represent  the  relative  sizes  
of   the   channel.      Ammonia   requires   the   lowest   charge   but   not   the   smallest   tube   size.      Isobutane  
requires  a  much  larger  tube  diameter.  
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Fig.  9:  Refrigerant  charge  and  hydraulic  diameter  of  serpentine  condenser  for  1kW  refrigeration  
system  causing  1%  difference  from  ideal  COP  due  to  condenser  pressure  drop  

  
R717  and  R744  show  the  best  potential  for  low  charge  systems  but  for  different  reasons.    R717  is  
known  to  have  a  very  high  pressure  drop  for  a  given  mass  flux  because  of  very  low  vapor  density  
(see  second  to  last  column  in  Table  2)  which  causes  higher  velocity  for  a  given  mass  flow  rate  in  
comparison  to  other  fluids.    However,  due  to  its  very  high  latent  heat  (hfg  =  1167  kJ/kg),  the  mass  
flow   needed   for   the   same   capacity   is   significantly   lower   for   R717   than   for   any   other   fluid.      The  
sensitivity  of  ammonia  to  pressure  drop  is  neither  exceptionally  low  nor  high  in  comparison  to  the  
other  fluids  shown  in  Table  2  (column  5,  ∆P).  Since  vapor  density  is  very  low  for  ammonia,  the  total  
mass  is  the  lowest  for  a  given  void  fraction.  Light  vapor  is  helpful  in  building  a  low  charge  system.  
Carbon   dioxide   (R744)   has   different   characteristics   than   ammonia.   R744   has   a   low   sensitivity   to  
pressure  drop,  which  means  that  high  pressure  drop  will  not  result  in  high  temperature  drop.  The  
sensitivity  to  pressure  drop  is  given  in  Table  2,  Column  5.      The  potential  for  building  a  low  charge  
R744  system  comes  from  having  low  pressure  drop  (due  to  dense  vapor)  and  very  low  sensitivity  to  
pressure  drop.  The  small  channel  sizes,  dense  vapor,  and  low  sensitivity  to  pressure  drop  indicated  
that  microchannel  heat  exchangers  are  ideal  for  R744.  Because  R744  has  a  dense  vapor,  it  will  have  
more  refrigerant  mass  at  a  given  void  fraction  and  internal  volume  
The  largest  hydraulic  diameter  is  required  for  R600a  (Isobutane)  mostly  because  of  the  lighter  vapor  
(second  to  ammonia).  The  combination  of  both  light  vapor  and  liquid  keeps  the  charge  reasonably  
low  even  with  the  largest  diameter.  
The   two   refrigerants   that   require   the   highest   charge   are   R1234yf   and   R134a   even   though   their  
individual   thermophysical   properties   are   balanced.      High   density   of   liquid   combined   with   high  
sensitivity  to  pressure  drop  requires  significantly  greater  charge  than  other  fluids  presented  here.  
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Tab.   2:   Refrigerant   charges   in   evaluated   condenser   serving   1   kW   evaporator   based   on  
pressure  drop  that  causes  1%  COP  reduction  compared  to  idealized  (∆P=0  cycle)  
Fluid  

Ref.  
Mass  

Hydr.  
Diam.  

Mass  
Flow  

∆P  
[1  %  COP  
reduction]  

COP  
Ideal  

Cond.  
Temp.  

Rejected  
Heat  

Sat.  
Liquid                
Vapor  
Density  
Density  
3

Latent  
Heat  

  

[g]  

[mm]  

[g/s]  

[kPa]  

[-]  

[C]  

[kW]  

[kg/m ]  

3

[kg/m ]  

[kJ/kg]  

R717  
R744  
R290  
R32  
R600a  
R410A  
R134a  
R1234yf  

13.4  
29.8  
34.4  
44.9  
59.1  
65.6  
124.2  
132  

0.86  
0.59  
1.14  
0.92  
1.61  
0.98  
1.38  
1.46  

0.86  
5.94  
3.15  
3.63  
3.31  
5.32  
5.96  
7.52  

7.45  
35.79  
6.58  
11.46  
3.17  
11.65  
5.52  
5.41  

10.0  
7.0  
9.6  
9.4  
9.8  
9.4  
9.5  
9.3  

24.6  
24.3  
25.2  
24.8  
25.5  
25.1  
25.6  
25.6  

1.043  
1.103  
1.048  
1.054  
1.067  
1.067  
1.094  
1.077  

604  
725  
492  
963  
550  
1063  
1206  
1091  

7.72  
234.70  
20.72  
47.12  
9.285  
66.15  
32.88  
38.42  

1169.0  
125.9  
335.7  
271.7  
329.4  
187.8  
177.7  
145.6  

4.  SUMMARY  AND  CONCLUSIONS  
This  paper  presented  reasons  for  charge  reduction  and  strategies  for  the  actions:  
1.   Introduction  of  another  (secondary)  fluid      
2.   In  the  compressor:    
o   Reducing  the  internal  volume    
o   Reducing  quantity  in  lubricant  
o   Reducing  solubility  to  reduce  refrigerant  absorption.              
3.   In  vessels  by  reducing  volume  and  liquid  levels.    
4.   In  pipes  by  reducing  internal  volume  (diameter  and  possibly  even  length).        
5.   In  heat  exchangers  by  reducing  tube  diameter  and  length  
Because  it  is  the  most  attractive,  the  last  strategy  is  elaborated  in  detail.    Obviously,  to  reduce  
the  charge  internal  volume  needs  to  be  reduced,  but  the  most  important  is  to  take  in  consideration  
effects  of  heat  transfer  balance  and  mass  flux  on  void  fraction.  
Special  attention  is  given  to  explore  and  design  a  methodology  for  fair  way  of  comparing  
refrigerants  based  on  their  potential  to  be  used  in  low  charge  condensers.  

NOMENCLATURE  
2

A  =  Area  [m ]  
α  =  void  fraction  [-]  
L  =  total  length  [m]  
m=  mass  [g]  
ρ  =  density  [kg/m3]  
x  =  quality  [-]  
z  =  length  

Subscripts  
l  =  liquid  
v  =  vapor  
i  =  counter  
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ABSTRACT  
This   paper   gives   an   overview   of   the   technical   challenges   encountered   with   two-phase   ejector  
refrigeration   systems.   Of   particular   interest   are   attainable   improvement   potentials   for   different  
working  fluids,  including  CO2  and  as  well  as  lower  pressure  refrigerants  such  as  R410A  or  R1234yf.  
Numerous  ways  of  how  to  best  integrate  the  ejector  have  been  studied.  Besides  the  standard  two-
phase  ejector  cycle  it  is  also  possible  to  utilize  the  recovered  expansion  energy  to  drive  evaporator  
overfeed  or  to  provide  cooling  at  different  temperature  levels.  Ejector  design  plays  an  important  role  
in  achieving  high  work  recovery  efficiencies,  but  the  design  of  other  system  components,  such  as  
the  evaporator  or  the  vapor/liquid  separator  that  many  of  the  cycle  architectures  require  are  equally  
influential  and  offer  large  improvement  potentials.  Finally,  the  paper  will  give  an  overview  of  various  
ejector  control  options  which  are  important,  especially  when  capacity  modulation  requirements  need  
to  be  met.  
  
Keywords:   Two-phase   Ejector,   Expansion   Work   Recovery,   COP,   Cycle   Improvement,   Energy  
Efficiency  

1.   INTRODUCTION  
In   vapor-compression   refrigeration   cycles,   throttling   devices   such   as   capillary   tubes,   short   tube  
orifices,   and   expansion   valves   are   used   as   robust   and   cost-effective   solutions   for   expanding   the  
refrigerant  from  the  higher  condensing  or  gas  cooling  pressure  to  the  lower  evaporation  pressure.  
However,   the   physical   process   during   throttling   is   irreversible.   The   isenthalpic   pressure   reduction  
inflicts  a  dual  penalty  on  the  system  in  the  form  of  reduction  in  cooling  capacity  as  well  as  increase  
in   required   compression   work.   This   results   in   lower   COP   of   the   actual   vapor-compression  
refrigeration   cycle   compared   to   an   ideal   Carnot   refrigeration   cycle.   COP   reduction   due   to   the  
isenthalpic  process  in  the  expansion  valve  can  be  lessened  by  many  different  methods.  One  of  the  
simplest   methods   is   internal   heat   exchange   that   reduces   the   generation   of   flash   gas   during  
expansion  by  introducing  more  subcooling  at  the  inlet  of  the  expansion  device.  However,  methods  
that  involve  expansion  work  recovery  are  known  to  be  more  beneficial  in  terms  of  cycle  efficiency  
and  cooling  capacity.  A  common  feature  of  methods  that  involve  work  recovery  is  that  they  attempt  
to  utilize  the  kinetic  energy  released  during  the  pressure  reduction  of  the  fluid  as  it  passes  from  the  
high-   to   the   low-pressure   side   to   save   compressor   work   instead   of   dissipating   it   in   a   throttling  
process.   Meanwhile,   an   isentropic   expansion   process   is   approached   rather   than   isenthalpic  
throttling.   This   increases   cooling   capacity   because   the   specific   enthalpy   at   the   evaporator   inlet   is  
reduced.   Therefore,   devices   that   can   approach   expansion   closer   to   isentropic   process   are   worth  
exploring.  
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An   ejector   is   a   device   that   uses   the   expansion   of   a   high-pressure   (motive)   fluid   to   entrain   and  
compress  a  low-pressure  (suction)  fluid  by  means  of  momentum  transfer  between  the  two  streams  
of   fluid.   The   motive   fluid   is   expanded   through   a   usually   converging-diverging   (though   sometimes  
converging-only)   nozzle   to   high   velocity   and   low   pressure.   This   high   velocity   and   low   pressure   is  
used  to  entrain  the  suction  fluid  through  the  suction  nozzle;;  the  motive  and  suction  fluids  are  then  
mixed  in  the  mixing  section.  The  high-speed  mixed  flow  is  then  decelerated  in  the  diffuser  and  static  
pressure  is  recovered,  resulting  in  a  pressure  increase  provided  to  the  suction  stream  across  the  
ejector.    

2.   WORKING  FLUIDS  USED  WITH  EJECTOR  CYCLES  
The   amount   of   COP   improvement   that   can   be   obtained   with   the   ejector   cycle   depends   on   many  
factors   including   the   properties   of   the   fluid   that   is   being   used.   Fluids   with   greater   irreversibility   or  
throttling  loss  (difference  between  isentropic  and  isenthalpic  expansion)  in  the  expansion  device  of  
the   DX   cycle   offer   greater   opportunity   for   improvement.   Fluids   with   a   higher   mass   flow   rate   for   a  
given   capacity   may   also   benefit   from   expansion   work   recovery,   as   larger   mass   flow   rate   also  
increases  the  total  irreversibility  in  the  expansion  device.  Figure  1  compares  the  specific  throttling  
loss   for   three   different   refrigerants   (CO2,   R410A,   and   R134a)   as   seen   in   a   temperature-specific  
entropy  diagram.  Note  again  that  total  throttling  loss  is  also  proportional  to  mass  flow  rate;;  for  the  
same  capacity,  the  mass  flow  rate  for  each  fluid  is  inversely  related  to  the  enthalpy  difference  in  the  
evaporator.   Overall,   CO2   has   significantly   higher   throttling   loss   compared   to   low-pressure   fluids,  
especially  at  elevated  ambient  temperatures  where  a  CO2  cycle  would  operate  in  transcritical  mode;;  
this  means  that  CO2  has  much  greater  opportunity  for  COP  improvement  when  using  a  work  recovery  
device  such  as  an  ejector.    
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Figure  1:  Vapor-compression  cycle  with  isenthalpic  expansion  shown  on  temperature-specific  
entropy  diagram  for  R744  (CO2),  R410A,  and  R134a  

Table  1  presents  simulation  results  for  a  typical  ejector  cycle  for  the  three  refrigerants  mentioned  
before.  It  is  obvious  that  CO2,  even  when  an  IHX  is  used,  shows  the  largest  improvement  potential  
for  the  ejector.  While  the  numbers  presented  are  based  on  ideal  cycle  assumptions,  measurements  
on   real   ejector   systems   confirm   these   trends.   COP   improvement   potentials   for   transcritical   CO2  
systems  are  found  in  the  range  of  15  to  30%.  For  R410A  or  comparable  HFO  replacements,  realistic  
COP  increases  are  on  the  order  of  10  to  15%,  while  for  low  pressure  fluids  such  as  R134a,  R1234yf,  
etc.,   the   attainable   COP   gain   is   approximately   5%.   The   exact   numbers   depend   of   course   on   the  
application   and   performance   level   of   the   baseline   system   to   which   the   ejector   system   is   being  
compared.  A  large  difference  between  heat  sink  and  heat  source  temperature  further  increase  the  
potential   for   work   recovery.   Suitable   applications   include   air-conditioning   at   elevated   ambient  
temperatures,   commercial   refrigeration   systems,   low-temperature   heat   pumps,   heat   pump   water  
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heater  systems,  and  many  more.  Additional  details  regarding  work  recovery  potentials  can  be  found  
in  Elbel  and  Lawrence  (2016).  
  
Table  1.  Comparison  of  ejector  improvement  potentials  for  various  refrigerants  for  following  
o
thermodynamic  cycle  conditions  and  assumptions:  Qevap  =  2  kW;;  Tevap  =  15 C;;  R134a/R410A:  Tcond  =  
o
o
35 C,  ΔTSC  =  0  K;;  CO2:  Pgc  =  90  bar,  Tgc,out  =  35 C  

Refrigerant

Specific	
  Throttling	
  
Loss	
  (kJ	
  kg-‐1)

Mass	
   Flow	
  
Rate	
  (g	
  s-‐1)

Total	
   Throttling	
  
Loss	
  (kW)

Maximum COP	
  
Improvement	
  (%)

CO2 (no	
  IHX)

7.10

17.0

0.121

56.5

CO2 (εIHX =	
   0.6)

5.54

13.8

0.076

38.8

R410A

1.95

11.9

0.023

17.6

R134a

1.27

12.7

0.016

12.4

  
  
The  use  of  ejectors  for  work  recovery  in  vapor-compression  systems  has  been  a  topic  of  research  
for  approximately  the  past  25  years.  Early  work  in  the  1990’s  focused  on  theoretical  performance  
predictions   and   component   performance   tests   using   low-pressure   refrigerants.   Approximately   ten  
years   ago,   a   significant   amount   of   research   began   on   the   application   of   two-phase   ejectors   to  
transcritical  CO2  cycles.  CO2  has  been  seen  recently  as  a  possible  alternative  refrigerant  that  could  
replace  current  HFC  refrigerants  that  are  being  phased  out,  and  as  discussed  above,  the  application  
of  ejector  technology  to  CO2  systems  could  improve  efficiency  substantially.  As  a  result,  much  of  the  
focus   of   two-phase   ejector   research   in   the   past   ten   years   has   been   on   transcritical   CO2   cycles.  
Several  numerical  studies  on  transcritical  CO2  ejector  cycles  were  published  in  2004,  while  the  first  
detailed   experimental   investigation   was   published   in   2008;;   numerous   additional   experimental  
studies  appeared  since.    

3.   EJECTOR  CYCLE  INTEGRATION  
3.1.  

Standard  Two-phase  Ejector  Cycle  

The   most   commonly   considered   cycle   using   an   ejector   for   expansion   work   recovery   is   shown   in  
Figure  2  for  transcritical  operation.  This  cycle  is  often  referred  to  as  the  standard  ejector  cycle.  This  
cycle  was  first  patented  by  Gay  (1931)  but  was  largely  neglected  for  many  years  until  Kornhauser  
(1990)  reported  the  first  detailed  theoretical  analysis  of  the  cycle.  Kornhauser  (1990)  was  the  first  to  
analyze  the  performance  of  the  standard  ejector  cycle.  He  used  a  thermodynamic  state  point  model  
for  the  cycle  and  the  zero-dimensional  constant-pressure  mixing  model  for  the  ejector  to  investigate  
the   ability   of   the   standard   ejector   cycle   to   improve   COP   with   several   different   refrigerants.   He  
observed  that  the  COP  of  the  ejector  cycle  was  strongly  dependent  on  the  specified  efficiencies  of  
the   ejector   components   and   that   the   maximum   COP   improvement   achieved   by   the   ejector   cycle  
compared  to  a  cycle  with  an  isenthalpic  expansion  (DX  cycle)  ranged  from  12  to  30  %  depending  on  
the   refrigerant.   A   similar   study   was   performed   by   Domanski   (1995)   with   38   different   refrigerants,  
predicting  up  to  80  %  COP  improvement.  Much  of  the  recent  work  on  two-phase  ejectors  has  focused  
on   transcritical   CO2   systems.      Elbel   and   Hrnjak   (2004)   and   Li   and   Groll   (2005)   used   numerical  
models  to  analyze  the  performance  of  a  transcritical  CO2  ejector  cycle;;  both  of  these  studies  showed  
that,   similar   to   a   transcritical   CO2   DX   cycle,   the   COP   of   a   transcritical   CO2   ejector   cycle   can   be  
maximized  by  optimizing  gas  cooler  pressure.  Further  discussion  of  gas  cooler  pressure  optimization  
in  CO2  ejector  cycles  will  be  provided  in  the  sections  on  experimental  studies  and  ejectors  in  real  
systems  below.  
It  will  also  be  one  of  the  focuses  of  the  experimental  investigation  reported  in  this  study.  Numerous  
additional  studies  have  also  theoretically  investigated  the  transcritical  CO2  ejector  cycle,  though  the  
conclusions  of  these  studies  were  similar  to  those  of  Elbel  and  Hrnjak  (2004)  and  Li  and  Groll  (2005).  
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Figure  2:  Standard  ejector  cycle  for  transcritical  operation  represented  as  (a)  schematic  diagram  and  
(b)  pressure-specific  enthalpy  diagram.  

3.2.  

Ejectors  in  Liquid  Recirculation  Cycles  

The  standard  ejector  cycle  uses  the  ejector  to  lift  the  pressure  of  the  fluid  at  the  evaporator  outlet,  
which  results  in  higher  compressor  suction  pressure.  In  this  sense,  the  work  recovered  in  the  ejector  
is  used  to  directly  supplement  the  work  of  the  compressor.  However,  this  is  not  the  only  way  that  the  
work  recovered  by  the  ejector  can  be  used  to  improve  cycle  performance,  as  the  work  recovered  in  
the  ejector  can  be  used  to  pump  excess  liquid  through  the  evaporator,  resulting  in  an  evaporator  that  
is  overfed  with  liquid.  This  liquid  overfeed  or  liquid  recirculation  effect  increases  the  mass  flux  through  
the   evaporator   and   eliminates   evaporator   dryout,   resulting   in   improved   evaporator   performance.  
Thus,  the  work  recovered  in  the  ejector  can  also  be  used  to  improve  evaporator  performance,  which  
indirectly  unloads  the  compressor.  Figure  3  shows  a  schematic  of  the  ejector  recirculation  cycle  in  
which  the  ejector  is  used  to  recirculate  liquid  through  the  evaporator.  This  cycle  was  patented  by  
Phillips  (1938).  
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Figure  3:  Ejector  recirculation  cycle  shown  as  (a)  schematic  and  (b)  pressure-specific  enthalpy  
diagram  

Liquid  overfeed  was  actually  the  first  widely  used  application  of  ejectors  for  work  recovery  before  
research  began  on  the  standard  ejector  cycle  (Lorentzen,  1983).  However,  only  a  limited  amount  of  
research  can  be  found  on  the  ejector  recirculation  cycle  in  the  open  literature,  possibly  because  the  
operation  and  performance  of  the  cycle  are  thought  to  be  well  understood  already.  Furthermore,  the  
positive  effects  of  this  indirect  method  of  utilizing  expansion  work  to  improve  the  cycle  are  not  directly  
visible   from   simple   state   point   models   since   the   improvement   mechanism   relies   on   improving  
evaporator  effectiveness  by  eliminating  or  reducing  dryout.  Industrial  refrigeration  systems  utilizing  
refrigerant  pumps  for  liquid  overfeeding  target  the  same  improvement  mechanism;;  however,  in  those  
cycles  electric  power  has  to  be  spent  to  operate  the  pump,  while  in  the  ejector  recirculation  cycle,  
expansion  work  is  used  to  achieve  overfeed.  Note  that  the  standard  ejector  cycle  can  also  use  the  
ejector   to   recirculate   liquid   and   improve   evaporator   performance   while   simultaneously   using   the  
ejector  to  directly  unload  the  compressor.  With  the  exception  of  the  present  study,  no  research  has  
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focused  on  modeling  of  the  ejector  recirculation  cycle  or  comparing  the  standard  ejector  and  ejector  
recirculation  cycles.  
One  factor  that  affects  the  amount  of  COP  improvement  that  can  be  achieved  with  a  recirculation  
cycle  is  the  amount  of  additional  liquid  being  fed  into  the  evaporator.  The  amount  of  additional  liquid  
being  fed  into  the  evaporator  (the  amount  of  recirculation)  can  be  quantified  by  the  circulation  number  
(n),  defined  as  the  total  mass  flow  rate  of  liquid  supplied  to  the  evaporator  divided  by  the  mass  flow  
rate  of  refrigerant  that  is  vaporized  in  the  evaporator,  as  defined  by  (ASHRAE,  2014)  and  shown  in  
Eq.  (1).  By  performing  an  energy  balance  on  the  refrigerant  that  is  vaporized  in  the  evaporator,  an  
expression   for   mass   flow   rate   of   vaporized   refrigerant   can   be   obtained   and   used   to   calculate  
circulation  number,  as  also  shown  in  Eq.  (1).  ASHRAE  (2014)  also  defines  the  overfeed  ratio  (OR)  
as  the  mass  ratio  of  liquid  to  vapor  at  the  evaporator  outlet,  as  shown  in  Eq.  (2).    
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Eq.  (1)

  

  

Eq.  (2)

When  using  the  ejector  recirculation  cycle,  it  must  be  determined  if  the  total  mass  flow  rate  at  the  
evaporator  inlet  or  the  mass  flow  rate  of  liquid  at  the  evaporator  inlet  should  be  used  in  the  numerator  
of  the  circulation  number  definition,  as  there  will  often  be  a  significant  amount  of  vapor  present  at  
the  evaporator  inlet  in  this  cycle.  For  the  forced  standard  ejector  cycle,  this  would  not  be  a  problem  
as  the  amount  of  vapor  at  the  evaporator  inlet  is  generally  very  small  and  would  not  have  a  significant  
effect  on  the  calculated  value  of  circulation  number.  In  this  study,  the  total  evaporator  inlet  mass  flow  
rate  (liquid  and  vapor)  is  used  in  the  numerator  of  the  circulation  number  for  all  cycles.    
The   amount   of   overfeed   can   also   be   measured   with   the   recirculation   ratio   (R),   defined   as   the  
evaporator  mass  flow  rate  over  the  condenser/gas  cooler  mass  flow  rate,  as  shown  in  Eq.  (3).  It  is  
easy  to  see  that  for  the  standard  ejector  cycle,  the  recirculation  ratio  is  equivalent  to  the  entrainment  
ratio   of   the   ejector,   which   is   defined   as   the   ejector   suction   mass   flow   rate   divided   by   the   ejector  
driving  or  motive  mass  flow  rate,  as  shown  in  Equation  (4).  It  can  also  be  seen  that  for  the  ejector  
recirculation  cycle,  the  recirculation  ratio  is  equal  to  the  ejector  entrainment  ratio  plus  one,  as  also  
pointed  out  by  Li  et  al.  (2014)  and  shown  in  Equation  (5).  
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In  comparison  to  the  circulation  number,  the  recirculation  ratio  is  relatively  easy  to  understand  and  
use,   and   its   definition   is   valid   for   any   evaporator   outlet   state.   Furthermore,   as   shown   above,   the  
recirculation  ratio  can  be  directly  related  to  the  entrainment  ratio  of  the  ejector  for  both  of  the  ejector  
cycles.  However,  the  recirculation  ratio  is  simply  a  ratio  of  mass  flow  rates  and  does  not  provide  any  
direct  information  about  the  amount  of  overfeed  in  the  evaporator  like  the  circulation  number  does.    
3.3.  

Alternate  Two-phase  Ejector  Cycles  

Numerous  examples  of  alternate  vapor-compression  cycles  using  an  ejector  for  work  recovery  can  
be  found  in  the  open  literature.  One  example  of  an  alternate  ejector  work  recovery  cycle  is  shown  in  
Figure   4.   The   flow   at   the   outlet   of   the   condenser   or   gas   cooler   is   split;;   one   stream   becomes   the  
motive   flow   of   the   ejector   while   the   other   stream   is   isenthalpically   expanded   and   sent   to   an  
evaporator  before  becoming  the  suction  flow  of  the  ejector.  The  two-phase  flow  at  the  outlet  of  the  
ejector   is   sent   to   a   second,   higher   temperature   evaporator   before   entering   the   suction   of   the  
compressor.  Because  the  flow  at  the  outlet  of  the  condenser  (subcritical  operation)  is  split,  this  cycle  
will  be  referred  to  as  the  COS  (condenser  outlet  split)  ejector  cycle  (Lawrence  and  Elbel,  2013).  The  
pressure   lift   provided   by   the   ejector   causes   a   lift   in   saturation   temperature   between   the   two  
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evaporators,  meaning  that  the  COS  ejector  cycle  offers  the  opportunity  to  provide  cooling  capacity  
at  two  different  temperatures.  This  may  initially  seem  like  an  attractive  cycle  for  systems  that  require  
two   different   evaporation   temperatures,   such   as   refrigeration   systems   with   medium-temperature  
(MT)   and   low-temperature   (LT)   evaporators.   However,   it   must   be   noted   that   the   difference   in  
temperature   between   the   evaporators   and   the   ratio   of   capacities   of   the   evaporators   are   not  
independent  but  are  a  function  of  ejector  operation.  The  temperature  difference  is  controlled  by  the  
pressure  lift  of  the  ejector,  while  the  ratio  of  capacities  is  related  to  the  entrainment  ratio  of  the  ejector;;  
because   ejector   pressure   lift   and   entrainment   are   related,   there   is   a   trade-off   between   greater  
temperature  separation  between  the  evaporators  and  greater  low-temperature  evaporator  capacity.  
In   addition,   depending   on   the   fluid,   the   achievable   temperature   difference   between   the   two  
evaporators,  which  is  the  temperature  lift  achieved  by  the  ejector,  may  only  be  about  1  to  2  K,  which  
is  too  small  for  what  is  needed  in  typical  two-temperature  applications.  Thus,  despite  the  two  different  
evaporation  temperatures,  the  two  evaporators  in  this  cycle  may  be  best  suited  for  cooling  the  same  
stream  of  fluid;;  note  that  the  two  evaporators  may  allow  for  separation  of  latent  and  sensible  loads  
in  this  case.  
3
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Figure  4:  Alternate  ejector  cycle  for  transcritical  operation  represented  as  (a)  schematic  diagram  and  
(b)  pressure-specific  enthalpy  diagram  

Lawrence   and   Elbel   (2013)   noted   several   advantages   that   the   COS   ejector   cycle   offers   in  
comparison   to   the   standard   ejector   cycle.   The   COS   ejector   cycle   does   not   have   a   liquid-vapor  
separator;;   the   large   size   and   potential   inefficiency   of   a   separator   may   not   be   allowable   for   some  
applications.  The  COS  ejector  cycle  is  also  better  suited  for  off-design  performance.  If  the  ejector  in  
the  standard  ejector  cycle  fails  to  entrain  sufficient  mass  flow,  due  to  poor  ejector  design  or  conditions  
of  low  work  recovery,  then  the  cycle  will  lose  significant  capacity  and  COP;;  the  COS  ejector  cycle  
would  not  lose  capacity  in  either  evaporator  if  the  ejector  failed  to  entrain  properly  because  all  flow  
passes  through  the  compressor.  The  COS  ejector  cycle  could  also  potentially  offer  better  oil  return  
than  the  standard  ejector  cycle  because  there  is  no  opportunity  for  oil  separation  in  parallel  loops.  
There  are  numerous  additional  alternate  ejector  cycle  options  that  have  been  proposed  and  analyzed  
in   the   open   literature.   The   majority   of   these   alternate   cycles   have   been   proposed   more   recently,  
mainly   since   2012   once   the   operation   and   performance   of   the   standard   ejector   cycle   was   better  
understood.  Chen  et  al.  (2015)  provide  an  overview  of  many  of  the  different  cycle  options  that  use  
an  ejector  for  work  recovery.  However,  it  should  be  noted  that  few  of  the  alternate   ejector  cycles  
sufficiently  address  issues  such  as  off-design  operation,  separator  inefficiency,  or  oil  return  that  likely  
limit  the  use  of  ejector  cycles  in  real  applications.  Nonetheless,  it  may  be  worth  considering  the  COS  
ejector  cycle  or  other  alternate  ejector  cycles  that  offer  practical  advantages  for  real  applications  in  
future   experimental   studies,   especially   when   working   with   fluids   that   offer   less   improvement   from  
expansion  work  recovery.  

4.   INFLUENCE  OF  EVAPORATOR  DESIGN  
High  ejector  cycle  efficiency  requires  optimized  ejector  designs.  However,  it  is  often  overlooked  that  
other   cycle   components,   such   as   heat   exchangers,   vapor-liquid   separator,   and   oil   management  
require   optimization   as   well.   If   that   is   not   the   case,   it   is   easily   possible   that   the   performance  
improvements  obtained  with  the  ejector  are  not  strong  enough  to  offset  performance  losses  caused  
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by  other  components  in  the  cycle  that  are  not  optimized.  For  the  purpose  of  illustration,  experimental  
results  with  two  different  ejector  cycles  and  two  different  evaporator  designs  are  presented  next.  
4.1.  

Test  Conditions  

Compared  are  the  performance  of  the  standard  ejector  cycle  and  the  ejector  recirculation  cycle.  The  
refrigerant  is  R410A.  The  comparison  is  performed  with  both  Evaporator  A  and  with  Evaporator  B  in  
order  to  see  the  effect  that  refrigerant-side  cross-sectional  area  can  have  on  the  performance  of  the  
cycles.  Evaporators  A  and  B  have  exactly  the  same  exterior  dimensions  on  the  air  side.  The  only  
difference  is  that  Evaporator  B  has  approximately  50  %  of  the  cross-sectional  area  on  the  refrigerant  
side.   This   was   achieved   by   purposefully   blocking   every   other   microchannel   port   during   the  
manufacturing  process.  More  details  can  be  found  in  Lawrence  and  Elbel  (2016).  
Table  2  shows  the  system  conditions  that  were  used  in  this  section.  Evaporator  air  inlet  temperature  
and  flow  rate  were  the  same  for  all  tests.  Condenser  air  flow  rate  was  the  same  for  all  tests,  but  
condenser  air  inlet  temperature  was  varied  for  some  tests.  The  condenser  outlet  state  (ejector  inlet  
state)  was  approximately  saturated  liquid  due  to  the  presence  of  the  receiver  at  the  condenser  outlet.  
The  capacity  was  kept  the  same  for  all  tests  (1.0  kW)  by  adjusting  compressor  speed;;  this  value  of  
capacity  was  chosen  to  ensure  that  the  compressor  could  achieve  the  desired  capacity  for  all  cycles  
and  conditions.  In  order  to  investigate  different  amounts  of  evaporator  overfeed,  the  evaporator  flow  
rate   (outlet   state)   was   adjusted   for   different   tests   using   the   metering   valve   in   each   of   the   ejector  
cycles.  The  DX  cycle  was  operated  with  3  K  of  superheat  at  the  evaporator  outlet.  The  system  was  
charged  with  enough  refrigerant  to  ensure  a  reasonable  liquid  level  in  the  liquid-vapor  separator  for  
all  conditions;;  this  ensured  that  only  liquid  would  flow  to  the  evaporator  in  the  standard  ejector  cycle.  
  
Table  2.  Operating  conditions  used  in  R410A  experiments  
Parameter  
Unit  
Value  
𝑻𝒆𝒗𝒂𝒑,𝒂𝒊𝒓,𝒊𝒏   
°C  
27  
3 -1
𝑽𝒆𝒗𝒂𝒑,𝒂𝒊𝒓   
m   s   
0.100  
𝑻𝒄𝒐𝒏𝒅,𝒂𝒊𝒓,𝒊𝒏   
𝑽𝒄𝒐𝒏𝒅,𝒂𝒊𝒓   
𝑸𝒆𝒗𝒂𝒑   
𝒙𝒄𝒐𝒏𝒅,𝒐𝒖𝒕   
𝑹  
∆𝑻𝑺𝑯,𝑫𝑿   

4.2.  

°C  
3

-1

m   s   
kW  
-  
-  
K  

35,  39,  42  
0.200  
1.0  
0.0  
0.67  –  1.64  
3  

Comparison  of  Standard  Ejector  and  Ejector  Recirculation  Cycles     

The  results  comparing  the  performance  of  the  two  ejector  cycles  with  Evaporator  A  are  shown  in  
Figure   5   with   the   evaporator   outlet   state   for   each   point   indicated   (same   capacity   for   each   point).  
Performance  is  reported  in  terms  of  the  COP  Ratio;;  capacity  was  the  same  for  each  test.  The  amount  
of   recirculation   is   measured   with   the   Recirculation   Ratio,   Eq.   (3).   It   can   be   seen   that   the   ejector  
recirculation  cycle  can  achieve  up  to  16  %  COP  improvement,  though  COP  of  this  cycle  increases  
only  slightly  beyond  a  recirculation  ratio  of  1.1.  The  improvement  in  COP  obtained  with  the  ejector  
recirculation  cycle  comes  solely  from  improving  the  performance  of  the  evaporator;;  the  pressure  lift  
of  the  ejector  is  only  used  to  overcome  pressure  drop  in  the  low-pressure  circuit  and  cannot  be  used  
to   directly   lift   compressor   suction   pressure.   The   performance   of   the   evaporator   in   the   ejector  
recirculation  cycle  is  improved  in  comparison  to  that  of  the  DX  cycle  because  dryout  is  eliminated  
and  mass  flux  is  increased  by  the  additional  liquid  being  recirculated  by  the  ejector.  Theoretically,  
the  ejector  recirculation  cycle  should  have  the  same  performance  as  the  DX  cycle  if  the  metering  
valve  is  closed  (recirculation  ratio  of  1.0)  and  the  evaporator  is  operated  with  the  same  superheat  as  
the  DX  cycle.  This  case  is  shown  in  the  figure  where  the  ejector  recirculation  cycle  has  a  recirculation  
ratio  of  1.0  and  an  evaporator  outlet  superheat  of  3.7  K;;  the  COP  is  within  1  %  of  the  DX  cycle  COP.  
Note  that  this  comparison  is  only  shown  to  demonstrate  that  the  ejector  recirculation  cycle  without  
any  recirculation  and  the  DX  cycle  are  essentially   the   same;;  the   ejector  recirculation   cycle  would  
never   be   operated   this   way   in   a   real   application.   If   some   amount   of   recirculation   is   used   and   the  
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superheat   at   the   end   of   the   evaporator   is   eliminated,   then   the   ejector   recirculation   can   achieve  
significantly  higher  COP  than  the  DX  cycle.  
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Figure  5:  COP  improvement  obtained  with  standard  ejector  and  ejector  recirculation  cycles  as  a  
function  of  recirculation  ratio  using  Evaporator  A  

Figure  5  also  shows  that  the  standard  ejector  cycle  achieves  noticeably  lower  COP  despite  being  
the  more  commonly  considered  of  the  two  ejector  cycles.  If  the  standard  ejector  cycle  is  operated  
with  3  K  superheat  to  match  the  evaporator  outlet  state  of  the  DX  cycle,  it  is  only  able  to  achieve  
about   1   %   COP   improvement   over   the   DX   cycle.   On   the   other   hand,   if   the   ejector   is   used   to  
recirculate  excess  liquid  through  the  evaporator  in  addition  to  lifting  compressor  suction  pressure,  
then   the   standard   ejector   cycle   is  able   to   achieve   up   to   6   %   COP   improvement   at   an   evaporator  
outlet  quality  of  0.72.  These  results  for  both  ejector  cycles  indicate  that  with  Evaporator  A,  it  is  better  
to   use   the   ejector   to   eliminate   superheat   and   overfeed   the   evaporator   rather   than   directly   lift  
compressor  suction  pressure.  Note  that  difficulty  was  encountered  in  obtaining  readings  at  higher  
evaporator   mass   flow   rates,   as   the   mass   flow   meter   upstream   of   the   evaporator   in   the   standard  
ejector  cycle  produced  unstable  readings  at  higher  flow  rates;;  as  a  result,  data  could  not  be  obtained  
for  higher  recirculation  ratios.  It  would  be  expected  that  the  COP  of  each  ejector  cycle  reaches  a  
maximum   and   then   begins   to   decrease   at   higher   recirculation   ratio   as   refrigerant   pressure   drop  
becomes  more  significant.  
4.3.  

Effect  of  Evaporator  Design  on  Ejector  Cycle  Comparison  

The  previous  results  have  shown  that  an  evaporator  with  too  large  refrigerant-side  cross-sectional  
area   and   too   low   refrigerant   mass   flux   can   have   a   negative   impact   on   the   performance   of   the  
evaporator  in  the  standard  ejector  cycle,  limiting  the  opportunity  to  improve  COP  with  this  cycle;;  for  
the  present  case,  the  standard  ejector  cycle  mass  flux  was  less  than  50  kg  m-2  s-1  with  Evaporator  A  
for   a   saturated   outlet.   However,   if   a   different   evaporator   that   was   not   penalized   as   severely   by  
reduced   mass   flux   were   used,   it   is   possible   that   greater   COP   improvements   could   be   achieved.  
Thus,   the   comparison   of   the   ejector   cycles   was   repeated   with   Evaporator   B,   which   had   10  
microchannel   ports   in   each   tube   (same   port   size)   rather   than   19.   Using   Evaporator   B   results   in  
approximately   half   the   refrigerant-side   cross-sectional   and   heat   transfer   area   but   double   the  
evaporator  mass  flux  for  a  given  mass  flow  rate,  which  increases  the  refrigerant-side  heat  transfer  
coefficient.  The  COP  Ratio  obtained  with  the  two  ejector  cycles  with  Evaporator  B  is  shown  in  Figure  
6  along  with  the  previously  presented  Evaporator  A  results  for  comparison.  It  can  be  seen  that  with  
Evaporator  B,  the  standard  ejector  cycle  achieves  up  to  9  %  COP  improvement,  meaning  that,  as  
intended,   the   evaporator   with   lower   refrigerant-side   cross-sectional   area   has   improved   standard  

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

48

ejector  cycle  performance.  Note  again  that  difficulty  was  encountered  obtaining  stable  evaporator  
mass  flow  rate  readings  for  higher  values  of  recirculation  number;;  a  slight  further  increase  in  COP  
would   be   expected   in   this   case   if   the   evaporator   were   overfed   in   the   standard   ejector   cycle.  
Interestingly,  the  ejector  recirculation  cycle  achieves  up  to  13  %  COP  improvement  with  Evaporator  
B,   meaning   that   an   evaporator   with   lower   refrigerant-side   cross-sectional   area   hurts   ejector  
recirculation  cycle  performance.  
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Figure  6:  Comparison  of  performance  of  ejector  cycles  with  different  evaporators  

5.   EJECTOR  CYCLE  CONTROL  
Another  important  topic  is  the  control  of  the  ejector  and  its  cycle.  For  transcritical  CO2  the  control  of  
high  side  pressure  represents  an  important  parameter  to  optimize  cycle  performance.  
A   conventional   (fixed   geometry)   ejector   cannot   actively   control   high-side   pressure   on   its   own,  
meaning  that  some  additional  means  of  control  must  be  added  to  the  cycle.  Figure  7  shows  several  
options   for   controlling   the   ejector   in   order   to   control   high-side   pressure.   Figure   7(a)   shows   the  
adjustable  ejector,  while  Figure  7(b)  shows  parallel  ejectors;;  both  of  these  options  are  being  pursued  
and  commercial  solutions  have  been  introduced  to  the  market.  Figure  7(c)  shows  an  expansion  valve  
in  series  with  the  ejector  (to  increase  high-side  pressure)  and  an  expansion  valve  in  parallel  with  the  
ejector  (to  decrease  high-side  pressure).  The  use  of  an  expansion  valve  to  control  ejector  cycle  high-
side  pressure  works  well;;  however,  it  is  associated  with  throttling  losses  in  the  valve.  Nevertheless,  
this  could  be  an  attractive  option  for  to  implement  a  low-cost  ejector  control  strategy.  
In  addition,  vortex  control  offers  a  new  way  of  providing  ejector  control.  Zhu  and  Elbel  (2016,  2017,  
2018)  were  the  first  to  experimentally  investigate  the  influence  of  nozzle  inlet  vortex  on  the  nozzle  
restrictiveness  on  initially  subcooled  flashing  flow  expanded  through  convergent-divergent  nozzles.  
This   novel   two-phase   nozzle   restrictiveness   control   mechanism   by   adjustable   nozzle   inlet   vortex,  
called  vortex  control,  requires  no  change  to  the  physical  dimensions  of  the  nozzle  geometry.  A  nozzle  
with  inlet  vortex  was  called  vortex  nozzle  (or  swirl  nozzle).  Zhu  and  Elbel’s  experiments  on  vortex  
nozzle  with  initially  subcooled  R134a  showed  that  the  strength  of  the  nozzle  inlet  vortex  can  change  
the  restrictiveness  of  the  two-phase  convergent-divergent  nozzle  without  the  need  for  changing  the  
nozzle  geometry.  The  nozzle  becomes  more  restrictive  as  the  strength  of  the  vortex  increases.  With  
vortex  control,  the  mass  flow  rate  can  be  reduced  by  42%  under  the  same  inlet  and  outlet  conditions.  
Vortex  control  can  therefore  be  seen  as  a  way  of  modulating  the  discharge  coefficient  of  the  motive  
nozzle.   The   control   range   of   inlet   pressures   and   mass   flow   rates   that   can   be   achieved   by   vortex  
control  appears  to  be  large  enough  to  be  suitable  for  numerous  technical  applications.  This  novel  
mechanism   can   potentially   provide   flow   control   with   less   sacrifice   of   nozzle   efficiency,   which   is  
extremely  important  for  ejector  cooling  cycle  performance.  
It  is  also  less  vulnerable  to  clogging  since  the  flow  control  is  achieved  without  changing  the  flow  area.  
A  variety  of  different  expansion  devices,  in  addition  to  ejectors,  could  potentially  benefit  from  this  
new  control  mechanism,  including  actively  controlled  flow  metering  devices  for  superheat  control  in  
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subcritical  applications  or  high-side  pressure  control  in  transcritical  systems.  Furthermore,  the  new  
vortex  control  mechanism  can  possibly  lead  to  alternative  self-regulating  expansion  valve  designs.  
Here,   some   first   results   are   presented   when   a   vortex-controlled   ejector   is   implemented   into   a  
transcritical  CO2  system.  
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Figure  7:  Diagrams  of  methods  to  control  high-side  pressure  in  an  ejector  cycle  using  (a)  adjustable  
ejector,  (b)  parallel  ejector  arrangement,  and  (c)  expansion  valve  in  series  or  parallel  with  ejector  

Table   3   shows   the   ejector   test   conditions   for   comparison   of   vortex   control   and   expansion-valve  
control.   The   conditions   are   obtained   by   operating   the   system   with   no   vortex   control/valve   control  
applied  to  the  ejector  when  evaporator  air-side  inlet  temperature  and  air  flow  rate  are  27  ˚C  and  275  
L/s,   respectively,   gas   cooler   air-side   inlet   temperature   and   air   flow   rate   are   35   ˚C   and   500   L/s,  
respectively,  and  compressor  speed  is  1494  min-1.  
  

	
  

IHX  high-side  outlet  
temperature  (˚C)  
31.9  

Table  3.  Ejector  test  conditions  
Suction  inlet  
Suction  inlet  
Motive  flow  rate  
o
temperature  ( C)  
(g/s)  
pressure  (kPa)  
3802  
7.4  
43.1  

Suction  flow  rate  
(g/s)  
22.8  

Figure  8  shows  the  variation  of  ejector  pressure  lift  and  total  work  recovery  efficiency,  respectively.  
The   total   work   recovery   efficiency   is   defined   according   to   Eq.   (6)   with   IHX   outlet   pressure   for  
expansion  valve  control  and  vortex  control.  
  
ƞD:e = 𝜙# ∗
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Eq.  (6)	
  

When  there  is  no  control,  the  IHX  high-side  outlet  pressure  at  the  conditions  presented  in  Table  3  is  
8736  kPa.  After  the  application  of  expansion  valve  control  and  vortex  control,  the  IHX  high-side  outlet  
pressure   increases   at   constant   motive   flow   rate   and   IHX   high-side   outlet   temperature.   When   the  
maximum  inlet  vortex  is  applied,  an  increase  of  1161  kPa  for  the  IHX  high-side  outlet  pressure  can  
be   achieved,   which   is   believed   to   be   large   enough   for   high-side   pressure   control   for   many  
applications.   Again,   it   should   be   emphasized   that   this   pressure   increase   was   achieved   without  
changing  the  physical  geometry  of  the  ejector.  Instead,  the  application  of  the  vortex  increases  the  
vapor   generation   rate   inside   the   ejector   and   reduces   the   degree   of   thermal   non-equilibrium.   The  
enhanced  vapor  generation  rate,  which  is  believed  to  mostly  take  place  inside  the  diverging  part  of  
the   motive   nozzle   results   in   the   same   effect   that   a   more   restrictive   nozzle   throat   diameter   would  
have.   Therefore,   vortex   control   has   been   proven   to   be   an   effective   nozzle   restrictiveness   control  
mechanism  that  can  be  used  for  the  control  of  ejector  cooling  cycles.  For  the  same  level  of  high  side  
pressure   control,   the   ejector   with   vortex   control   provides   slightly   less   pressure   lift   and   total   work  
recovery  efficiency  than  expansion  valve  control  with  the  current  design.  For  1349  kPa  increase  in  
IHX   high-side   outlet   pressure,   total   work   recovery   efficiency   of   the   ejector   with   expansion   valve  
control  drops  from  27.2%  to  20.5%.  As  a  comparison,  for  1161  kPa  increase  in  IHX  high-side  outlet  
pressure,  the  total  work  recovery  efficiency  of  the  ejector  with  vortex  control  drops  from  27.2%  to  
18.5%.  This  is  the  first  attempt  to  apply  vortex  control  to  an  ejector  operating  in  an  actual  system  
and   the   ejector   design   has   yet   to   be   optimized   for   accommodation   of   the   ejector   inlet   vortex.  
Nevertheless,  these  first  results  are  extremely  promising.  
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a)
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Figure  8:  Variation  of  a)  ejector  pressure  lift  and  b)  total  work  recovery  efficiency  with  IHX  high-side  
outlet  pressure  

6.   CONCLUSIONS    
This  paper  summarized  some  of  the  recent  developments  in  the  area  of  two-phase  ejectors  used  to  
recover   expansion   work   in   HVAC&R   applications.   While   most   attractive   for   fluids   and   cycles   with  
high   throttling   losses,   such   as   transcritical   CO2,   the   use   of   ejectors   still   makes   sense   for   various  
applications  using  lower  pressure  refrigerants.  Numerous  integration  options  for  ejectors  exist  and  
the  recovered  expansion  work  can  be  utilized  in  different  ways,  for  example  to  raise  the  compressor  
suction   temperature,   to   provide   cooling   at   different   temperature   levels,   or   to   improve   evaporator  
performance  through  liquid  overfeed.  It  has  also  been  shown  that  design  and  optimization  is  not  only  
important  for  the  ejector  itself,  but  also  for  other  system  components,  such  as  the  evaporator  or  the  
vapor-liquid   separator.   It   needs   to   be   ensured   that   potential   inefficiencies   of   these   other   system  
components  don’t  outweigh  the  positive  performance  impact  provided  by  the  ejector.  It  has  also  been  
shown  that  numerous  approaches  exist  to  implement  ejector  and  cycle  control,  including  adjustable  
motive   nozzle   throat   area   mechanisms,   parallel   ejectors,   or   vortex   control.   Ejectors   in   HVAC&R  
remain  an  interesting  and  intriguing  topic  and  the  onset  of  successful  commercialization  warrants  
continued  research  and  development.  
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NOMENCLATURE  
Variables  and  Abbreviations  
COP  
coefficient  of  performance  (-)  
COS  
condenser  outlet  split  
DX  
direct  expansion  
Ejec  
ejector  
Evap  
evaporator  
h  
specific  enthalpy  (kJ  kg-1)  
IHX  
internal  heat  exchanger  
LT  
low  temperature  
MT  
medium  temperature  
.
m  
mass  flow  rate  (kg  s-1)  
n  
circulation  number  (-)  
OR  
overfeed  ratio  (-)  
P  
pressure  (kPa)  
.

Greek  
DT
eIHX
Fm
  
Subscripts  
air  
cond  
diff  
evap  
exp  
gc  
in  
liquid  

  
temperature  difference  (K)  
IHX  effectiveness  (-)  
Mass  entrainment  ratio  (-)  
  
  
referring  to  air  flow  
condenser  
diffuser  
evaporator  
expansion  valve  
gas  cooler  
inlet  
referring  to  liquid  
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Q  
R  
Recirc  
Standard  
s  
T  
VS  
x  

capacity  (kW)  
recirculation  ratio  (-)  
recirculation  
standard  ejector  cycle  
specific  entropy  (kJ  kg-1  K-1)  
temperature  (K)  
vortex  strength  (-)  
vapor  mass  fraction  (-)  

m  
out  
s  
SH  
total  
v  
vapor  
vaporized  

referring  to  motive  flow  
outlet  
process  at  constant  spec.  entropy  
superheat  
referring  to  total  mass  flow  rate  
referring  to  saturated  vapor  
referring  to  vapor  
referring  to  vaporized  mass  flow  
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ABSTRACT  
  

Elastocaloric   cooling   is   as   a   solid-state   cooling   technology   undergoing   early   stage   research   and  
development.    This  study  presents  a  general  introduction  of  core  concepts  common  to  all  caloric  cooling  
technologies  and  a  review  of  the  recent  progress  made  in  the  elastocaloric  Cooling  field  with  respect  to  
materials,   mathematical   modelling   at   the   system   and   material   levels,   and   system   integration.   Multiple  
compositions  were  recently  studied.  Some  by  adding  alloying  elements  to  traditional  systems  to  tune  the  
transformation  temperature  and  increase  fatigue  life.  Other  are  multiferroic  alloys,  which  are  materials  
that  can  respond  simultaneously  to  additional  stimuli  (electric  or  magnetic  field)  besides  strain  to  leverage  
multiple   caloric   effects   at   once.   Influence   of   additional   variables   like   texture,   strain   rate,   martensitic  
transformation   paths   and   hysteresis   in   material’s   performance   have   also   been   further   studied.  
Fundamental  thermodynamic  principles  were  applied  to  further  understanding  elastocaloric  effect,  and  
through  mathematical  description  of  the  heat  transfer  process  coupled  with  phase  transformation  new  
approaches  to  materials  and  characterization.  System  integration  with  heat  recovery  and  regeneration  
strategies  were  also  reviewed.      
Keywords:  Caloric  cooling,  Elastocaloric  cooling.  
  

1.  INTRODUCTION  
Vapor  compression  cycle  (VCC)  has  been  developed  and  optimized  over  the  last  100  years  to  provide  
cooling   in   residential   and   industrial   buildings,   and   vehicles.   However,   its   usage   has   resulted   in  
unpredicted  environmental  damages  such  as  depleting  the  ozone  layer  and  causing  the  global  warming  
when   its   working   fluid   leaks   into   the   atmosphere.   Because   of   this,   it   is   important   to   replace   VCC   by  
developing   a   superior   technological   alternative   without   environmental   costs.   One   way   the   scientific  
community  is  exploring  to  tackle  this  problem  is  to  develop  heat  pumping  cycles  using  caloric  materials.  
The   immediate   benefit   of   this   approach   is   the   elimination   of   the   harmful   refrigerant,   because   caloric  
materials  can  serve  as  solid-state  refrigerants.  The  grand  challenges  are  to  keep  developing  materials  
with   ever-increasing   performance   and   just   as   important   to   integrate   these   materials   into   systems  
efficiently.   Caloric   materials   undergo   a   reversible   change   in   entropy   when   an   external   field   is   either  
applied  or  removed.  In  materials  science  and  statistical  thermodynamics,  entropy  allows  for  a  quantitative  
measure  of  changes  in  the  degree  of  order  in  the  atomic  structure  of  the  material.  When  the  order  in  the  
structure   of   the   material   increases,   the   entropy   increases.   When   the   order   decreases,   the   entropy  
decreases.  Significant  changes  in  microstructural  order  can  take  place  by  phase  transitions,  and  the  key  
characteristic  in  caloric  materials  these  transitions  can  be  induced  by  the  external  field  and  they  involve  
a  quantitatively  significant  entropy  change.  Ultimately,  these  entropy  changes  manifest  themselves  as  
temperature  change  of  the  material  when  the  external  field  is  applied  or  removed  adiabatically  and  as  a  
heat   transfer   between   the   material   and   the   surroundings   when   the   external   field   is   applied/removed  
isothermally.  Based  on  the  nature  of  the  external  field  to  which  the  caloric  materials  respond  to  they  are  
classified   as   magnetocaloric   (the   application   of   a   magnetic   field   induces   a   change   in   magnetization),  
electrocaloric   (the   application   of   an   electric   field   induces   a   change   in   polarization)   and   elastocaloric  
materials   (the   application   of   a  stress   field   induces   a   strain   and   change   in   crystallographic   symmetry).  
When  materials  respond  to  multiple  fields  simultaneously,  they  are  referred  to  as  multicaloric.  
This   paper   is   organized   as   following.   First,   a   general   perspective   of   cooling   with   caloric   materials   is  
presented  and  some  of  the  main  concepts  of  caloric  cooling  are  expanded  in  order  to  set  the  necessary  
background  for  the  discussions  that  follow.  Second,  the  main  results  of  the  recent  elastocaloric  cooling  
bibliography   are   analyzed   and   summarized   with   respect   to   materials   research,   system   integration  
examples  and  modeling.  
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2.  Solid  State  Cooling  

  
2.1.  General  perspective  of  cooling  with  caloric  materials  

A  few  review  papers  were  published  in  recent  years.  Liu  et  al.  (2016a)  provided  general  introduction  of  
caloric   cooling   and   performance   improvements   with   ferroelectrics.      Mañosa   and   Planes   (2016,   2017)  
conducted  a  very  thorough  study  of  elastocaloric  material  systems,  thermodynamics,  crystallography  and  
examples.   Qian   et   al.   (2016)   reviewed   elastocaloric   materials,   cycles   and   system   integrations   from   a  
mechanical   engineering   perspective.      Vitalij   et   al.   (2016)   provided   a   very   insightful   review   of   caloric  
refrigeration.      Similarly,   Xie   et   al.   (2017)   reviewed   caloric   cooling   with   special   focus   on   comparing  
elastomers  with  traditional  caloric  cooling  materials.  
The  amount  of  entropy  available  for  a  caloric  effect  is  highly  dependent  on  the  nature  and  characteristics  
of  the  phase  transition  and  it  is  important  to  distinguish  between  first-order  and  second-order  transitions.  
If   the   first   derivatives   of   the   molar   Gibbs   free   energy   are   discontinuous   at   the   temperature-pressure  
boundary   between   physical   states   A   and   B,   the   transition   between   them   is,   by   definition,   a   first-order  
transition.  Melting  and  boiling  are  examples  of  first-order  transitions.  If  the  first  derivatives  are  continuous,  
but   the   second   derivatives   are   discontinuous,   then   the   transition   is   a   second-order   transition.   Glass  
transitions  in  polymers,  order-disorder  phenomena  in  solid  solutions,  ferromagnetic  transitions  and  some  
transitions   between   superconducting   and   non-superconducting   states   are   examples   of   second-order  
transitions  (Ragone,  1994).  In  general,  first-order  phase  transitions  exhibit  the  best  caloric  performance  
but  take  place  over  a  very  narrow  temperature  range  and  also  present  hysteresis  and  while  the  second-
order  transitions  offer  a  moderate  caloric  performance,  they  can  occur  over  a  wider  temperature  range  
and  with  less  hysteresis.    
Phase  transition  character  can  be  modified  by  adjusting  the  chemical  composition  of  the  material  and  
that  is  where  a  large  amount  of  the  research  efforts  in  materials  science  are  directed  towards,  to  find  the  
optimal  compromise  for  a  certain  application.  The  difference  between  first  and  second  order  transitions  
can  be  understood  by  comparing  the  constant  temperature  cooling  by  an  evaporating  liquid  versus  the  
cooling  by  a  simple  gas  expansion.  The  first  order  transition  and  liquid  evaporation  utilize  the  enthalpy  of  
transformation  (evaporation)  to  increase  their  entropies  at  a  constant  temperature,  while  the  second  order  
magnetic  phase  transition  and  gas  expansion  do  not  (Pecharsky  and  Gschneidner,  1997).    
In  order  to  build  a  heat  pump  using  a  solid  caloric  material  as  a  refrigerant  it  is  possible  to  use  a  heat  
transfer  fluid  to  transfer  heat  between  the  caloric  material  and  the  heat  sink  and  reservoir.  By  alternating  
steps  of  applying  a  field  to  induce  the  caloric  transformation,  heat  rejection,  removing  the  field  to  reverse  
the  caloric  transformation  and  heat  absorption  a  thermodynamic  cycle  can  be  designed.  Within  the  scope  
of  this  review,  it  is  important  for  the  reader  to  become  familiar  with  the  cascaded  regenerator  configuration  
and  thermodynamic  cycle.  It  has  been  successfully  applied  in  magnetocaloric  and  elastocaloric  cooling  
systems  and  it  offers  a  very  effective  way  to  increase  the  temperature  lift  of  the  heat  pump.  
  
2.2.  Elastocaloric  cooling  
In  elastocaloric  materials  a  stress  field  induces  a  reversible  phase  transformation  and  with  it  a  change  in  
entropy  in  isothermal  conditions  or  a  change  in  temperature  in  adiabatic  conditions.  The  nature  of  the  
phase  transformation  is  dependent  of  the  material  system.  
2.2.1.  Material  elastocaloric  effect  measurement  
The  first  step  in  the  analysis  of  the  fitness  of  a  potential  alloy  system  is  to  quantify  the  elastocaloric  effect.  
This  can  be  done  through  direct  or  indirect  methods.  On  the  one  hand,  direct  methods  are  designed  to  
measure   the   adiabatic   temperature   changes   during   loading   and   unloading   of   the   material.   The   main  
shortcoming  of  these  methods  is  that  it  is  difficult  to  assure  the  adiabatic  boundary  condition.  This  results  
in  an  underestimation  of  the  property.  On  the  other  hand,  indirect  methods  are  based  on  measuring  either  
the   stress-strain   curves   at   different   constant   temperatures   or   strain-temperature   curves   at   different  
constant  stresses.  The  data  is  post  processed  to  apply  the  corresponding  Maxwell  relation,  Eq.  (1),  or  
the   Clausius-Clapeyron   equation,   Eq.   (2),   and   calculate   the   isothermal   entropy   change.   One   of   the  
shortcomings  of  this  kind  of  methods  is  that  in  order  to  obtain  accurate  data  a  large  number  of  constant  
temperature  or  constant  stress  data  sets  would  be  required.  In  order  to  overcome  this  it  is  possible  to  
use  a  phenomenological  model  which  can  predict  the  superelastic  response  as  a  function  of  stress  and  
temperature   (Tušek   et   al.,   2016).   The   elastocaloric   properties   can   also   be   obtained   from   calorimetry  
measurements  (Gràcia-Condal  at  al.,  2018).  
Eq.  (1)  
1 𝜎2 𝜕𝜀
∆𝑆𝑖𝑠𝑜 = ) * . 𝑑𝜎  
𝜌 𝜎1 𝜕𝑇 𝜎
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Eq.  (2)  

2.2.2.  Material  figures  of  merit  
Figures  of  merit  are  useful  parameters  defined  to  guide  the  development  of  new  and  better  materials.  
These  figures  of  merit  require  the  use  of  quantities  like  heat  capacity,  isothermal  entropy  and  adiabatic  
temperature  change,  which  are  measured  by  the  methods  previously  described.  It  is  difficult  to  define  a  
single  figure  of  merit  to  unequivocally  rank  a  set  of  materials.  Some  figures  of  merit  are  used  to  measure  
the  magnitude  of  the  effect,  like  the  quotient  between  the  latent  heat  of  the  transformation  and  the  heat  
required  to  increase  the  temperature  of  the  material  by  a  certain  amount  of  degrees  (Qian  et  al.,  2016).  
Others  are  calculated  to  take  into  consideration  the  efficiency  of  the  effect,  like  the  quotient  between  the  
volume-normalized  latent  heat  of  the  phase  change  to  the  volume-normalized  work  required  to  drive  the  
thermodynamic   cycle   (Moya   et   al.,   2015).   A   new   simple   material-based   figure   of   merit   called  
“temperature-averaged  entropy  change”  has  been  proposed,  Eq.  (3).  
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Eq.  (3)  

Materials   with   a   large   entropy   change   over   a   narrow   temperature   window   are   the   most   promising   for  
layered  regenerators,  while  materials  with  a  wider  temperature  profile  can  be  competitive  if  fewer  layers  
or  even  a  single  layer  is  desired  (Griffith  et  al.,  2018).  
2.2.3.  Phase  transitions  and  transformation  mechanisms  
Conventional  superelastic  alloys  such  as  Ni-Ti  and  Cu-based  alloys  exhibit  a  typical  first-order  martensitic  
transformation.   Other   alloys,   like   Fe-Pd,   exhibit   a   weak   first-order   (second-order   like)   martensitic  
transformation.   Each   kind   of   transformation   has   its   particular   characteristics   (Xiao   et   al.,   2018)   and   a  
series   of   articles   have   been   published   to   describe   more   specific   details   about   the   weak   first-order  
martensitic  transformation  in  Fe-Pt  system  (Fukuda  and  Kakeshita,  2017;;  Kakeshita  et  al.,  2016)  and  in  
the   transformation   mechanism   in   Ni-Ti   system   (Soto-Parra   et   al.,   2016).   This   last   one   is   particularly  
interesting  because  it  shows  how  through  heat  treatment  it  is  possible  to  induce  different  transformation  
paths  from  B2  (Austenite)  to  B19’  (Martensite),  including  or  bypassing  an  intermediate  phase,  R.  This  is  
of  particular  importance  because  when  compared  to  the  B2  to  B19’  direct  transformation,  the  B2  to  R  
transformation  occurs  with  small  hysteresis  and  higher  cycling  stability.  The  penalty  for  this  instability  is  
a  loss  in  latent  heat,  because  to  retain  these  properties  the  material  should  not  be  transformed  from  R  to  
B19’,  and  thus  a  fraction  of  the  entropy  is  never  used.  
2.2.4.  Composition  
The  material  properties  of  the  main  material  systems  and  their  comparison  can  be  found  in  some  articles  
with  a  broad  reach    (Qian  et  al.,  2016;;  Mañosa  and  Planes,  2017;;  Wu  et  al.,  2017).    In  general,  there  are  
two  main  families  of  superelastic  alloys:  non-magnetic  and  magnetic.    Within  the  non-magnetic  family  
there  are  Ni-Ti-based  and  Cu-based.  In  the  last  few  years  the  systems  that  were  explored  within  the  Ni-
Ti  family  were  the  Ni-Ti  alloyed  with  V  and  Hf,  and  the  Ti-rich  Ni-Ti-Cu  system  alloyed  with  Co,  Fe  and  
V.  Addition  of  V  to  Ni-Ti  enhances  the  efficiency  and  functional  stability  of  the  elastocaloric  effect  of  Ni-
Ti   (Kim   et   al.,   2018).   Ni-Ti   alloys   with   Hf   additions   have   been   studied   from   the   shape   memory   effect  
perspective  noting  the  high  work  output  of  the  alloy,  and  from  the  elastocaloric  effect  perspective  it  has  
been  compared  with  multiple  other  systems  with  no  particularly  notable  behavior  (Wu  et  al.,  2017).  The  
Ti-rich  Ni-Ti-Cu  system  is  known  for  its  high  functional  and  structural  stability  and  small  hysteresis.  The  
addition  of  Co  or  Fe  alloying  allows  for  a  reduction  of  the  transformation  temperature  while  maintaining  
high  transformation  enthalpies  (Chluba  et  al.,  2016;;  Ossmer  et  al.,  2016).  A  very  interesting  progression  
of   this   concept   is   the   manufacturing   of   alloy   samples   with   a   composition   gradient   (and   thus   a   tuned  
transformation   temperature   gradient)   which  is   very   useful   for   an   active   regeneration   cycle,   in   which   a  
temperature  gradient  is  developed  along  the  elastocaloric  material  during  operation.  If  the  temperature  
gradient  matches  the  materials  transformation  temperature  gradient,  the  transformation  stress  along  the  
alloy  sample  is  minimized.  Alloy  samples  like  the  one  shown  in  Fig.  1  have  been  manufactured  in  thin  
films  with  remarkable  results  (Bumke  et  al.,  2018).    
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Figure  1:  The  local  evolution  of  the  elastocaloric  effect  visualized  by  IR-measurements  
(a)  Forward  and  (b)  reverse  transformation  without  transformation  gradient;;    
(c)  forward  and  (d)  reverse  transformation  with  a  transformation  gradient.    
Test  conditions:  strain  rate  of  0.05  s-1,  time  interval  at  100  ms  (Source:  Bumke  et  al.,  2018)  
The   studies   for   the   Cu-based   alloys   were   in   the   Cu-Al-Mn   and   Cu-Al-Zn   systems.   One   of   the   main  
benefits  of  the  Cu-based  alloys  is  that  a  lower  transformation  stress  is  required  to  induce  the  elastocaloric  
effect  (Qian  et  al.,  2016).  Giant  elastocaloric  effects  have  been  measured  for  both  systems,  Cu-Al-Mn  
(Xu  et  al.,  2016)  and  Cu-Al-Zn  (Gràcia-Condal  et  al.,  2018),  and  also  superelastic  properties  at  very  low  
temperatures  (Niitsu,  Kimura,  Omori,  and  Kainuma,  2018).  
Within  the  magnetic  family  we  can  find  the  Ni-based,  Fe-based  and  Mn-based.  Their  magnetism  is  an  
additional  system  whose  order  also  contributes  to  the  total  material’s  entropy,  besides  the  lattice.  In  this  
special  group  of  materials,  the  structural  change  due  to  the  martensitic  transformation  is  accompanied  
by  changes  in  the  materials  magnetization.  Unlike  their  non-magnetic  counterpart,  alloys  in  the  magnetic  
family  are  brittle,  so  one  of  the  main  objectives  in  doping  the  alloys  is  to  improve  their  ductility  (Mañosa  
and  Planes,  2017).  The  Ni-based  alloys  are  almost  as  studied  as  the  Ni-Ti  based.  However,  the  studies  
are  spread  over  a  larger  amount  of  compositions.  The  elastocaloric  effect  in  this  type  of  materials  is  not  
as  big  as  in  the  non-magnetic  family,  most  of  the  studies  are  oriented  to  the  study  of  the  transitions  from  
the  microstructure  and  texture  perspectives,  and  did  not  show  any  record  breaking  latent  heat  values.  
The  most  recent  studies  are  about  Ni-Mn-Sn  (Sun  et  al.,  2016)  with  alloying  elements  Co  (Yang  et  al.,  
2016)  and  Cu  (Wójcik  et  al.,  2017;;  Li  et  al.,  2017);;  Ni-Mn-In  with  alloying  elements  Co  (Zhao  et  al.,  2017),  
B  (Yang  et  al.,  2017),  Tb  (Shen  et  al.,  2017),  Ga  (Wang  et  al.,  2017)  and  Cr  (Henández-Navarro  et  al.,  
2018);;  Ni-Mn-Ga  with  alloying  element  Cu  (Zhao  et  al.,  2017)  ;;  Ni-Ga  with  alloying  elements  Fe  (Álvarez-
Alonso  et  al.,  2017)  and  Co  (Shen  et  al.,  2017);;  and  last  of  all  Ni-Al-Co  (Khan  et  al.,  2018).    The  studies  
within   the   Fe-based   alloys   are   limited   and   the   compositions   are   Fe-Pd   (Xiao   et   al.,   2016)   and   Fe-Pt  
(Fukuda  and  Kakeshita,  2017).  The  transition  in  these  alloys  is  weakly  first-order,  and  as  such  the  entropy  
change  is  low,  with  a  low  hysteresis.  Only  one  Mn-based  system  was  studied  and  that  was  Mn-Cu  (Cui  
et  al.,  2017).  
Outside  of  these  two  main  categories  there  are  also  soft  materials.  The  main  representatives  are  natural  
rubber  and  P(VDF-TrFE-CTFE).  Caloric  effects  in  PVDF-Polymers  is  mostly  related  to  stress-induced  
crystallization  (Xie  et  al.,  2017).  Recent  study  explored  the  elastocaloric  effect  in  carbon  nanotubes  and  
graphene  (Lisenkov  et  al.,  2016).  
  
2.2.5.  Cycles  
A  description  of  the  feasible  thermodynamic  cycles  that  can  be  applied  in  an  elastocaloric  heat  pump  
have  been  described  by  Qian  et  al.  (2016)  and  Schmidt  et  al.  (2016).  In  order  to  increase  the  temperature  
lift  of  the  system,  heat  recovery  mechanisms  are  necessary  (Qian  et  al.,  2017;;  Qian  et  al.,  2015).  From  
the  different  cycles  that  include  heat  recovery  strategies,  the  active  regeneration  cycle  has  proven  to  be  
very  successful  in  magnetocaloric  systems  and  now  in  elastocaloric  systems.  A  regenerator  is  a  storage  
type  heat  exchanger.  Cold  and  hot  fluids  flow  alternatively  through  the  same  flow  passages  and  hence  
the  heat  transfer  is  intermittent.  When  the  hot  fluid  flows  over  the  heat  transfer  surface  the  thermal  energy  
from  the  hot  fluid  is  stored  in  the  regenerator  wall,  and  thus  the  hot  fluid  is  being  cooled.  As  a  cold  fluid  
flows  through  the  same  passages  later,  the  regenerator  wall  gives  up  thermal  energy,  which  is  absorbed  
by  the  cold  fluid  (Shah  and  Sekulic,  2003).  An  active  (elastocaloric)  regenerator,  unlike  a  passive  one,  is  
made  out  of  an  elastocaloric  material  and  it  serves  the  dual  function  as  heat  storage  medium  and  a  heat  
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source  (or  sink),  and  it  becomes  a  heat  source  (or  sink)  when  the  forward  (or  reverse)  transformation  
takes  place.  The  thermodynamic  cycle  consists  of  the  following  steps:  first,  the  elastocaloric  material  is  
subjected  to  the  stress  field  and  the  phase  transformation  is  induced  adiabatically  (so  the  temperature  of  
the  regenerator  wall  increases);;  second,  the  heat  transfer  fluid  is  pumped  through  the  regenerator  to  the  
hot  heat  exchanger  where  heat  is  rejected  (and  the  temperature  of  the  regenerator  wall  decreases);;  third,  
the   stress   field   is   released   and   the   reverse   phase   transformation   takes   place   adiabatically   (so   the  
temperature   of   the   regenerator   wall   further   decreases);;   and   fourth,   the   heat   transfer   fluid   is   pumped  
through  the  regenerator  to  the  cold  heat  exchanger  where  heat  is  absorbed  (and  the  temperature  of  the  
regenerator  increases)  and  the  cycle  repeats  all  over  again.  At  the  right  frequency  and  flowing  the  right  
amount  of  water  in  each  heat  exchange  step,  a  temperature  gradient  will  be  developed  from  one  end  to  
the  other  of  the  regenerator.  
  
2.2.6.  System  integration  
Several  laboratory  systems  were  developed  and  studied  around  the  world.  A  system  based  on  tension  
of   the   elastocaloric   material   to   induce   the   transformation   and   using   the   active   regeneration   cycle  
exhibited  a  temperature  span  of  15.3  K  on  the  water  side  and  COP  values  of  up  to  7  (Tušek  et  al.,  2016).  
Further  development  showed  a  temperature  span  of  17.6  K  and  19.9  K  (Engelbrecht  et  al.,  2017).  Some  
preliminary  reports  about  materials  properties  of  the  Ni-Ti  plates  used  for  the  regenerators  (Tušek  et  al.,  
2016)  and  the  effects  of  surface  finish  (Engelbrecht  et  al.,  2016)  were  published  too  as  shown  in  Fig.  2.  
A   two   reciprocating  beds  single  stage   system   was   designed   and   it’s   performance   was  studied  over  a  
wide  range  of  conditions  through  an  optimization  formulation  allowing  for  an  increase  of  51%  of  COP  
from  1.8  to  2.8  (Qian  et  al.,  2015).  The  next  iteration  of  this  design  duplicated  the  amount  of  beds  and  
used  a  hydraulic  actuator  to  apply  the  stress  and  induce  the  transformation.  The  design  characteristics  
were  published  (Qian  et  al.,  2016)  and  the  system  was  later  built  and  tested.  A  maximum  temperature  lift  
of  8  K  at  zero  cooling  capacity,  and  a  maximum  cooling  capacity  of  150  W  at  zero  temperature  lift  was  
measured.  The  last  two  configurations  allowed  to  have  work  recovery.  The  design  was  flexible  enough  
to   allow   for   the   application   of   an   active   regeneration   cycle   on   the   same   structure   and   the   maximum  
temperature  lift  value  measured  by  the  authors  was  22.5  K  at  5%  strain.  Some  components  of  the  system  
are  shown  in  Fig.  2.    
Another   system   is   based   on   Ni-Ti   thin   film   and   foils.   A   thorough   analysis   of   design   alternatives   were  
presented  by  Ossmer  et  al.  (2016).  The  figure  shows  one  of  those  configurations  in  which  the  mechanical  
loading  is  realized  through  deflection  of  the  bridge  center  in  out-of-plane  direction.  The  heat  source  and  
sink  in  this  design  are  copper  blocks  and  the  heat  transfer  between  them  and  the  elastocaloric  material  
is   through   direct   contact,   there   is   no   heat   transfer   fluid   involved.   This   configuration   allows   for   work  
recovery  as  shown  in  Fig.  2  (Bruederlin  et  al.,  2017).  
  
2.2.7.  Modeling,  experimental  and  analytical  methods  
Models  require  material  and  heat  transfer  data  that  need  to  be  measured.  On  one  hand,  very  specific  
experimental  apparatus  was  developed  in  the  last  few  years  to  measure  the  data  it  is  necessary  to  feed  
the   models.   On   the   other   hand,   models   were   used   to   develop   analytical   tools   and   new   methods   to  
estimate  material  and  heat  transfer  quantities  from  open  literature  data.  An  example  of  the  experimental  
apparatus  design  for  elastocaloric  cooling  measurements  and  analysis  can  be  seen  in  literature  (Schmidt  
et  al.,  2016).      A  data  reduction  technique  was  proposed  to  predict  the  adiabatic  temperature  change  of  
the  material  by  doing  multiple  tests  within  moderate  strain  rates  and  doing  a  non-linear  least  squares  
fitting  method  instead  of  doing  test  at  ultrahigh  strain  rates  and  adiabatic  conditions.  A  byproduct  of  the  
method   is   the   estimation   of   the   heat   transfer   coefficient   (Qian   et   al.,   2017b).   A   method   to   accurately  
predict  work  and  coefficient  of  performance  was  also  published  (Qian  et  al.,  2018).    Different  approaches  
to   system   modeling   have   been   implemented.   A   lumped   element   model   approach,   in   which   the   heat  
component  due  to  the  martensitic  transformation  is  approximated  as  a  variable  source  only  function  of  
the  martensite  transformation  rate  (considered  only  a  function  of  the  strain  rate),  was  implemented  and  
solved  as  a  thermal  network  and  showed  satisfactory  agreement  with  the  experiment  (Bruederlin  et  al.,  
2017).  In  more  complex  systems,  like  an  active  regenerator,  in  which  a  temperature  gradient  is  developed  
across  the  elastocaloric  material,  it  is  necessary  to  use  the  phase  transformation  kinetic  equation  based  
on  the  Müller-Achenbach-Seelecke  model  (Seelecke  and  Müller,  2004),  which  allows  to  determine  the  
martensite  transformation  rate  as  a  function  of  the  temperature  as  well  as  the  stress.    A  system  level  
study  with  an  extensive  parametric  analysis  of  design  variables  was  published  by  Qian  et  al.  (2017a).  
Another   examples   of   the   application   of   that   material   thermodynamic   model   were   also   published   by  
Wendler  et  al.  (2017)  and  Welsch  et  al.  (2018).  
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Figure  2:  Three  different  elastocaloric  cooling  system  configurations  
General  theory  about  regenerator  design  applies  to  this  application  and  specific  mathematical  models,  
numerical  implementation  and  comparison  with  experimental  data  can  be  found  also  in  recent  work  by  
Trevizoli  and  Barbosa  (2017).  
  

3.  CONCLUSIONS  
Due   to   recent   environmental   concerns,   the   development   of   cooling   technologies   that   use   only  
environmentally   friendly   heat   transfer   fluids   and   more   efficient   than   current   vapor   compression  
technology   becomes   an   important   research   topic.      Studies   on   caloric   cooling   technologies   are   rather  
new.  However,  significant  progress  was  made  in  elastocaloric  cooling  field.  From  the  materials  point  of  
view,  new  SMA  materials  have  been  developed  with  longer  fatigue  life  and  a  tuned  composition  along  its  
length.  This  can  be  important  for  the  fabrication  of  regenerators  in  which  the  transformation  temperature  
is   as   close   as   possible   to   the   temperature   of   the   material   in   operating   conditions   right   before   the  
transformation.   This   will   keep   the   stress   required   to   a   minimum.   Analytical   tools   were   developed   to  
estimate  material  properties  with  simplified  experimental  set  ups,  and  experimental  rigs  were  developed  
to  increase  the  accuracy  of  the  material  properties  measurements.  The  temperature  lift  performance  of  
the  systems  in  operation  is  setting  new  records.  While  researches  on  elastocaloric  cooling  are  still  on  
early  stage  of  development,  many  research  outcomes  have  revealed  its  potential  and  its  worth  for  future  
development.    
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ABSTRACT  
Refrigerant  mixtures  are  widely  considered  as  the  next-generation  environment-friendly  refrigerants  
because  they  allow  to  tune  refrigerant  properties  for  the  best  compromise  between  conflicting  goals:  
lower  global  warming  potential  (GWP),  zero  ozone  depletion  potential  (ODP),  low  or  no  flammability  
and  toxicity.  Nevertheless,  refrigerant  mixtures  can  behave  quite  differently  during  evaporation  and  
condensation  than  pure  refrigerants.  This  paper  first  discusses  key  differences  between  pure  and  
mixed  refrigerants,  presents  a  case  study  on  the  impact  of  mixtures  on  heat  exchanger  design  and  
quantifies  the  potential  efficiency  losses/gains  using  a  large  temperature  glide  mixtures.  The  paper  
further  
details  
the  
benefit  
of  
mixtures  
on  
capacity  
control.    
Keywords:  Refrigerant  mixtures,  Cycle  efficiency,  Heat  pump,  Temperature  glide  
  

1.   INTRODUCTION  
Refrigerant  mixtures  have  become  commonly  used  for  air-conditioning  and  refrigeration  applications  
since   the   phase   out   of   CFCs.   Those   refrigerant   mixtures   typically   consist   of   two   or   more   pure  
refrigerants.  Since  every  constituent  has  its  own  properties  such  as  density,  normal  boiling  point  and  
latent  heat,  the  mixing  process,  which  typically  generates  little  interactions  among  different  types  of  
molecules,  often  leads  to  a  so-called  zeotropic  mixtures  that  have  never  the  same  vapor  phase  and  
liquid   phase   mass   fraction   in   the   vapor-liquid   equilibrium   state   [1].   Such   a   behavior   is   unique   and  
distinguishes  the  zeotropic  mixture  from  pure  refrigerants  most  significantly  in  the  two-phase  region.  
To   provide   a   further   explanation   on   this   uniqueness,   we   begin   with   a   temperature-mass   fraction  
diagram  (Figure  1).  
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Figure  1:  Saturation  temperature  and  temperature  glide  of  R1234yf/R32  mixture  
When   the   liquid   and   vapor   phases   of   a   mixture   coexist   in   equilibrium,   the   saturation   temperature  
varies  with  the  mass  fraction  even  though  the  pressure  is  constant.  This  behavior  contrasts  with  a  
pure  fluid  where  Tsat  remains  constant.  Figure  1  shows  the  temperature-mass  fraction  diagram  (T-x  
diagram)  for  a  mixture  of  two  components,  R1234yf  and  R32,  at  constant  pressure  of  1.0  MPa.  The  
X-axis  shows  the  mixture’s  mass  fraction  ranging  from  0  to  1  with  the  two  endpoints  representing  
pure  R1234yf  and  R32,  respectively.    The  area  below  the  bubble  line  represents  the  mixture  in  the  
subcooled   liquid   phase.   The   area   above   the   dew   line   represents   superheated   vapor.   The   area  
enclosed  by  the  lens  formed  by  the  dew  line  and  bubble  line  is  the  two-phase  region.  The  boiling  
point  for  a  mixture  of  mass  fraction  x  is  located  on  the  bubble  line  at  that  mass  fraction.  The  bubble  
line  indicates  the  saturation  temperature  at  which  the  first  vapor  bubble  is  formed  for  the  specified  
pressure  and  mass  fraction  when  the  temperature  is  raised  from  the  subcooled  liquid  region  to  the  
saturation  value.  
From  Figure  1,  we  notice  the  boiling  points  of  the  pure  refrigerants  are  quite  different.  R32  has  a  
saturation  temperature  of  6.6°C  at  1  MPa,  while  R1234yf  has  a  saturation  temperature  of  39.3°C  at  
1  MPa.  That  is  to  say,  at  the  same  temperature,  R32  has  a  higher  saturation  pressure  than  R1234yf  
does,  and  the  molecules  of  R32  are  therefore  more  readily  entering  the  vapor  phase.  Consequently,  
in  the  saturated  vapor  phase  of  the  mixture,  there  is  a  higher  mass  fraction  of  R32.  This  means  the  
mixture  has  a  different  mass  fraction  in  the  saturated  vapor  phase  from  than  in  the  saturated  liquid  
phase.    
The  vapor  composition  of  that  first  bubble  generated  at  onset  of  boiling  is  indicated  by  the  intersection  
of   the   saturation   temperature   of   the   liquid   phase   with   the   Dew   line.   Thus,   the   horizontal   distance  
between   the   dew   line   and   the   bubble   line   is   a   measure   for   the   difference   in   the   vapor   and   liquid  
phase   compositions.      This   fact   has   important   implications,   it   leads   to   changes   in   mixture  
concentration  during  the  operation  of  the  system  through  selective  storage  of  refrigerant  inventory  
within  the  system  and  also  to  potential  changes  in  refrigerant  composition  through  refrigerant  leaks.    
The  boiling  points  of  the  pure  components,  R1234yf  and  R32  are  found  on  the  respective  ordinates.  
The  dew  line  defines  the  temperature  at  which  the  first  liquid  droplet  is  formed  when  a  superheated  
gas  mixture  of  a  given  mass  fraction  is  cooled  at  constant  pressure.  When  we  draw  a  vertical  line  
originating  from  mass  fraction  x,  which  is  between  0  and  1,  it  will  intersect  both  the  dew  line  and  the  
bubble  line.  The  vertical  distance  between  the  two  points  of  that  intersection  is  called  temperature  
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glide.   For   zeotropic   mixtures,   the   temperature   glide   is   non-zero   and   denotes   the   temperature  
difference  between  the  temperature  at  which  evaporation  begins  with  the  first  vapor  bubble  and  ends  
with  the  last  droplet  evaporated.    
It  should  be  noted  that,  for  certain  refrigerant  mixtures  (usually  those  where  the  boiling  points  of  the  
constituents  are  close),  there  exists  a  composition  that  makes  the  refrigerant  mixture  act  as  a  single  
refrigerant  (see  Figure  2  for  a  an  example  schematic).  It  is  called  azeotropic  mixture.  For  example,  
the   commonly   used   refrigerant   R507A,   50%/50%   mass   fraction   of   R143a/R125,   has   virtually   no  
temperature   glide   at   various   pressures   (see   figure   3).         Strictly   speaking   R410A,   a   mixture   of  
R32/R125  (50/50  in  mass  fraction)  also  has  a  small  temperature  glide  of  0.12  K,  but  no  azeotropic  
point.  However,  for  all  practical  considerations,  R410A  behaves  as  a  pure  refrigerant.  .  

  
Figure  2:  Saturation  temperature  and  temperature  glide  of  an  azeotropic  mixture[2]  

  
Figure  3:  Temperature  glide  of  R507A  at  various  saturation  pressure  levels  
2.   Effect  of  temperature  glide  on  heat  exchanger  design  
The   temperature   glide   significantly   affects   the   design   of   air-to-refrigerant   heat   exchangers.   For   a  
pure  refrigerant,  the  saturation  temperature  remains  constant  if  the  pressure  drop  is  neglected  during  
evaporation   and   condensation.   Thus,   the   approach   temperature,   defined   as   the   temperature  
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difference  between  two  fluids,  is  only  affected  by  the  change  of  the  air  temperature.  On  the  contrary,  
when  the  refrigerant  is  a  zeotropic  mixture,  refrigerant  saturation  temperature  increases  significantly  
according   to   the   temperature   glide   during   evaporation   and   decreases   during   condensation.   This  
makes  the  approach  temperature  dependent  on  both  fluid  temperatures  and  therefore  demands  a  
careful  design  on  the  refrigerant  flow  path  vs  the  airflow  path.  Generally,  the  larger  the  temperature  
glide   of   a   mixture,   the   smaller   the   approach   temperature   and   the   more   important   the   appropriate  
heat   exchanger   design.   Figure   4   shows   an   example   of   approach   temperature   profiles   of   a   heat  
exchanger  when  considering  two  different  mixtures,  R404A  (R125,  0.44;;  R143a,  0.52  and  R134a,  
0.04)  and  R448A  (R32,  0.26;;  R125,  0.26;;  R134a,  0.21;;  R1234ze,  0.07  and  R1234yf,  0.2).  

  
Figure  4:  Temperature  profiles  of  a  conceptual  parallel  flow  heat  exchanger  using  zeotropic  
mixtures  
  Both  refrigerants  are  zeotropic  mixtures  but  with  different  temperature  glides.  R404A  has  merely  a  
temperature  glide    of  0.47K  at  0.82  MPa  pressure  (10  °C  saturation  temperature)  and  hence  behaves  
more  like  a  pure  refrigerant.  In  contrast,  R448A  has  a  temperature  glide  of  5.38K  at  0.85  MPa  (10  
°C   saturation   temperature).   The   difference   in   the   temperature   glide   can   be   explained   by   their  
constituents’  normal  boiling  point  (NBP)  differentials.  As  Table  1  indicates,  the  top  two  constituents  
of  R404A,  in  terms  of  mass  fraction,  have  only  0.85K  differential  in  boiling  points.  R134a,  however,  
has   a   significantly   higher   boiling   point,   but   only   4%   in   mass   fraction.   In   contrast,   the   top   three  
constituents  of  R448  have  NBPs  ranging  from  -26C  to  -51C,  each  of  which  has  at  least  21%  in  mass  
fraction.  The  differential  in  saturation  temperatures  leads  to  different  temperature  profiles  when  the  
two   refrigerant   mixtures   are   compared   Figure   4   The   heat   exchanger   at   issue   is   a   parallel   flow  
evaporator   with   incoming   air   temperature   of   17°C   for   both   cases.   In   both   cases,   refrigerant   inlet  
temperature  is  -0.6°C  and  since  the  heat  exchanger  has  a  parallel  flow  configuration,  the  inlet  of  the  
heat  exchanger,  denoted  by  the  normalized  HX  length  at  0  ,  has  the  maximum  approach  temperature  
of  17.6  K.  As  heat  transfer  continues  along  the  heat  exchanger,  R404A  always  demonstrates  a  larger  
approach  temperature  than  R448A.  At  the  exit  of  the  heat  exchanger,  R404A  still  has  an  approach  
temperature  of  12K  while  R448A  has  only  5K.  It  is  obvious  that  the  larger  temperature  glide  of  R448A  
causes  an  overall  smaller  temperature  difference  across  the  heat  exchanger.  As  denoted  by  Eqn.  1,  
a  smaller  temperature  differential  will  result  in  a  reduced  heat  exchanger  capacity.    
                                                                                            𝑄"#$ = 𝑈𝐴 ∗ 𝛿𝑇                                                                                                  Eq.  (1)    

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

66

Where  𝑄"#$   is   the   heat   exchanger   capcity;;   UA   represents   the   UA   value;;  𝛿𝑇   is   the   temperature  
difference  of  two  fluids.  
To  better  quantify  the  heat  exchanger  capacity  drop  caused  by  the  temperature  glide,  we  design  a  
simple  60-tube  and  2-row  air-to-refrigerant  coil  (Figure  5).  Air  flows  from  left  to  right  in  the  picture  
and  the  color  represents  refrigerant  temperature  in  the  tubes.  Because  of  the  color  inversion,  warm  
color   represents   higher   temperature;;   cool   color   represents   lower   temperature.   Such   a   coil   is  
commonly  used  as  evaporator  in  refrigerating  systems  and  due  to  its  relatively  large  tube  number  in  
a  row,  we  can  see  a  significant  impact  on  capacity  drop  due  to  the  temperature  glide.  When  both  
refrigerants,  with  the  same  inlet  saturation  temperature,  mass  flow  and  inlet  quality,  flow  in  a  parallel  
manner  to  air  (top  picture),  R404A  has  a  capacity  of  1.5  kW  which  is  26.7%  larger  than  that  of  R448A  
(capacities   are   tabulated   in   Table   2).   Because   the   air   side   parameters   and   coil   geometries   are  
identical,  the  difference  in  capacity  has  to  be  a  result  of  different  approach  temperatures.  To  support  
this  conclusion,  we  plot  the  approach  temperature  at  each  segment  of  the  coil  and  then  compare  
them  for  both  refrigerants.  The  approach  temperature,  in  both  cases,  are  only  similar  to  each  other  
at   the   coil   inlet   and   outlet   which   is   due   to   the   same   inlet   flow   condition   and   a   proper   coil   sizing,  
respectively.  R404A  has  a  larger  approach  temperature  up  to  1K  than  R448A  in  the  remainder  of  the  
coil.    
This  case  study  on  parallel  heat  exchanger  stresses  the  importance  of  mitigating  the  capacity  penalty  
from  high  temperature-glide  mixture.  As  an  example  of  such  mitigation,  we  design  the  R448A  coil  to  
be  a  counter  flow  configuration.  In  the  bottom  picture  of  Figure  5,  we  can  see  the  refrigerant  now  
flows  from  right  to  left  while  air  still  flows  from  left  to  right.  In  Table  2,  noticeably,  the  capacity  of  the  
counter   flow   heat   exchanger   increases   by   27%,   from   the   original   1.1   kW   to   1.4   kW.   A   closer  
examination   on   the   approach   temperature   profile   (Figure   6)   of   the   counter   flow   case   reveals   the  
reason  behind  this  improvement.  For  the  counter  flow  case,  the  inlet  approach  temperature  does  not  
reach  as  high  as  the  parallel  flow  case,  but  in  the  later  HX  section,  it  never  drops  as  quickly  as  that  
in  the  parallel  flow  case.  The  overall  approach  temperature  in  the  counter  flow  case  turns  out  to  be  
0.85K  higher  than  that  in  the  parallel  one  which  substantiates  the  capacity  improvement.    
Table  1:  Normal  boiling  point  of  mixture  component  
R404A  (top  3  constituents  only)  
Constituent  
Mass  
Normal  
Fraction  
Boiling  Point  
R143a  
0.52  
-47.24  °C  
R125  
0.44  
-48.09  °C  
R134a  
0.04  
-26.07  °C  

R448A  (top  3  constituents  only)  
Constituent  
Mass  
Normal  
Fraction  
Boiling  Point  
R32  
0.26  
-51.64  °C  
R125  
0.26  
-48.09  °C  
R134a  
0.21  
-26.07  °C  

  
  
  
  
  
  
  
  
Figure  5:  Case  study:  parallel  flow  vs  counter  flow  heat  exchangers  using  mixtures  
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Table  2:  Temperature  glide  and  capacity  comparison  
R404A  

  
Temp.  Glide  
Capacity  

Improved  R448A  
(Counter  Flow)  

0.1  K  

R448A  
(Parallel  
Flow)  
5.8  K  

1.5  kW  

1.1  kW  

1.4  kW  

5.8  K  

  

  
Figure  6:  Approach  temperature  profiles  of  R404A  and  R448A  heat  exchangers  
  
  

3.   TEMPERATURE  GLIDE  EFFECT  IN  A  VAPOR  COMPRESSION  CYCLE  
We  can  extend  our  knowledge  on  the  impact  of  a  mixture’s  temperature  glide  by  constructing  a  vapor  
compression   cycle   that   uses   the   above-mentioned   coils.   With   the   help   of   the   cycle,   we   not   only  
eliminate  the  arbitrary  assumption  of  refrigerant  inlet  conditions,  but  also  start  to  explore  the  impact  
of  temperature  glide  on  compressor  power  consumption  and  system  COP.  A  better  heat  exchanger  
design  benefits  the  cycle  efficiency  by  increasing  the  evaporating  temperature  and/or  reducing  the  
condensing   temperature.   This   helps   reduce   the   temperature   lift   across   a   compressor.   A   higher  
evaporating   temperature   can   also   increase   the   refrigerant   suction   density   so   that,   under   a   fixed  
rotation  speed,  a  compressor  delivers  a  higher  mass  flow  rate  and  therefore  capacity.  In  this  case,  
we  further  designed  a  two-row,  28  tubes  coil  as  a  condenser  and  an  efficiency-based  compressor  
with  65%  isentropic  efficiency  and  95%  volumetric  efficiency.  The  cycle  has  a  prescribed  5.5  K  sub-
cooling  and  5K  superheat  for  all  cases.  It  should  be  noted  that,  for  the  sake  of  clarity  and  simplicity,  
we   only   study   the   impact   of   temperature   glide   on   the   system   level   by   varying   the   design   of   the  
evaporator  only.  In  all  cases,  the  condenser  and  the  compressor  remain  the  same.  The  results  of  
three  cases  including  one  R404A  baseline,  two  different  R448A  cycles,  the  parallel  flow  and  counter  
flow   version,   are   tabulated   in   Table   3.   We   found   the   system   capacity   in   all   three   cases   behaved  
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consistently   with   their   individual   coil   cases.   The   parallel   design   for   R448A   has   the   least   capacity  
among  the  three,  16%  less  than  the  baseline.  The  evaporating  temperature  of  the  R448A  system  is  
4K  lower  than  the  R404A  system  which  leads  to  both  reduced  capacity  and  COP.    On  the  other  hand,  
the  counter  flow  design  has  an  evaporating  temperature  much  closer  to  the  R404A  baseline,  which  
successfully  makes  up  both  the  capacity  and  COP  losses.  We  can  therefore  conclude  that,  without  
proper   design   of   the   refrigerant   mixture   path,   the   temperature   glide   of   a   mixture   may   negatively  
impact  the  system  capacity  and  efficiency.  However,  once  a  heat  exchanger  is  sufficiently  large  so  
that  the  capacity  demand  is  met,  the  temperature  glide  improves  the  system  efficiency  due  to  either  
an   elevated   evaporating   pressure   and/or   a   reduced   condensing   pressure.   McLinden   and  
Radermacher  [3]  thoroughly  investigated  the  cycle  efficiency  improvement  when  properly  exploiting  
the  mixture  temperature  glide.  The  paper  also  includes  successful  cycle  designs  using  mixtures.  
  
With  this  conclusion  in  mind,  we  embark  on  exploring  some  benefits  of  using  mixtures  such  as  more  
flexible  capacity  control.    
If   we   recall   Figure   1   on   the   relationship   between   saturation   temperature   and   mass   fraction,   the  
temperature  glide  of  the  mixture  can  vary  according  to  mixture  compositions.  Consider  the  conclusion  
we   just   drew   on   temperature   glide   and   capacity,   we   can   infer   that   a   system’s   capacity   can   be  
controlled  to  some  extent,  without  the  aid  of  mechanical  means,  through  the  change  of  refrigerant  
composition  circulating  inside  the  vapor  compression  cycle.  The  ability  of  capacity  control  without  
cycling  the  compressor  is  attractive  because  it  reduces  air  conditioner’s  performance  degradation  
during   frequent   on-and-off   cycles.   There   exist   multiple   cycle   configurations   to   actively   alter   the  
composition  of  various  mixtures,  most  of  which  use  at  least  one  accumulator  so  that  more  less-active  
constituent  in  the  mixture  can  be  stored  in  the  accumulator  whereas  the  more-active  one  remains  
circulating  in  the  cycle  and  dominating  its  performance.    
Table  3:  Cycle-level  capacity  and  efficiency  comparison  on  various  evaporator  designs  
  

R404A  
System  

R448A   System   R448A   System  
(Counter  flow)  
(Parallel  flow)  

Cooling  Capacity  (W)  

1489  

1247  

1557  

Compressor  Power  (W)  

450  

424  

453  

Evaporating  Temperature  (°C)  

-3.46  

-7.94  

-4.24  

COP  

3.31  

2.94  

3.44  

  
As  one  example,  Etherington  and  Cannon[4]  developed  a  variable  capacity  refrigeration  cycle  using  
an  accumulator  with  a  special  molecular  sieve  that  is  selectively  reactive  to  a  certain  refrigerant.    As  
compared  to  the  conventional  refrigeration  cycle  with  four  basic  components  (evaporator,  condenser,  
compressor,  and  expansion  device),  the  one  accumulator  cycle  (OAC)  has  an  additional  accumulator  
as   shown   in   Figure   7.      The   accumulator   is   installed   across   the   high   and   low   pressure   sides   and  
connected  on  one  side  to  the  condenser  outlet  before  the  expansion  device  and  on  the  other  side  to  
the  compressor  suction  after  the  evaporator  outlet.    Both  sides  of  the  accumulator  can  be  shut  off  
with  valves  C  and  D.      Etherington  and  Cannon  proposed  to  use  a  molecular  sieve  that  only  absorbs  
one  refrigerant,  in  this  case  R22  in  the  accumulator  when  the  cycle  is  charged  with  R12/R22.      The  
cycle  operation  is  explained  as  follows.  Let’s  assume  that  a  binary  zeotropic  mixture  of  R12  and  R22  
is  charged  in  the  cycle.    A  normal  boiling  point  of  R12  and  R22  are  –29.8°C  and  –40.8°C.    R22  has  
a  higher  saturation  pressure  and  larger  latent  heat  than  those  of  R12.    For  example,  the  saturation  
pressures  of  R12  and  R22  are  423  kPa  and  681  kPa,  respectively  at  10°C  saturation  temperature.    
The  latent  heats  of  R12  and  R22  are  148  kJ/kg-K  and  196  kJ/kg-K,  respectively  at  10°C  saturation  
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temperature.  Therefore  the  mixture  circulating  in  the  cycle  will  have  a  richer  composition  of  R22  and,  
latent  heat  and  higher  suction  pressure  which  increases  the  suction  density  and  consequently  the  
refrigerant  mass  flow  rate.  Therefore  a  R22  rich  mixture  works  at  higher  operating  pressures  and  
provides   more   capacity.      When   the   system   capacity   is   larger   than   the   load,   there   is   a   need   for  
reducing  capacity.    Then  valve  C  is  opened  and  valve  D  is  closed.  Thus  R22  is  absorbed  into  the  
molecular  sieve  selectively.    In  this  case,  the  R22  mass  fraction  of  the  circulating  mixture  becomes  
lower  than  the  originally  charged  mass  fraction.      The  system  capacity  is  reduced  due  to  the  increase  
in  R12  content.    When  the  system  capacity  is  smaller  than  the  load,  there  is  a  need  for  restoring  
system  capacity.    Then  valve  C  is  closed  and  valve  D  is  opened.    An  electric  heater  helps  to  desorb  
the  R22  that  is  absorbed  in  the  molecular  sieve.    In  this  case,  the  R22  mass  fraction  of  circulating  
mixture  becomes  the  same  as  the  originally  charged  mass  fraction.  The  system  capacity  is  restored.  

  

  
Figure  7:  One-receiver  design  on  mixture  capacity  control    

We  created  a  vapor  compression  cycle  model  to  better  quantify  the  capacity  control  described  above.  
Since  the  R32  and  R1234yf  pair  was  previously  mentioned,  we  continue  to  use  them  as  our  mixture  
at  issue.  It  should  be  noted  that  the  created  model  does  not  fully  represent  the  cycle  in  Figure  6.  We  
don’t  actually  consider  the  design  of  the  receiver  (accumulator)  but  rather  make  assumptions  about  
the  outcome.  We  assume  the  receiver  works  perfectly  and  helps  control  the  concentration  of  the  R32  
as  needed  from  30%  to  60%.  We  simulated  the  cycle  under  AHRI  standard  cooling  test  condition  
(Table  4).  The  system  simulations  show  that  for  the  pair  of  R32/R1234yf,  as  the  mass  fraction  of  R32  
decreases   by   10%,   the   cooling   capacity   is   off   by   up   to   4%   (Figure   8).   The   deviation   of   cooling  
capacity  shows  a  monotonic  decrease  as  the  R32  mass  fraction  decreases.  This  is  due  to  both  the  
change  in  operating  pressures  and  a  higher  heat  of  vaporization  of  R32  than  that  of  R1234yf.  We  
first  compare  the  difference  in  latent  heat.  At  300  K,  R32  has  a  heat  of  vaporization  of  267.1  kJ/kg  
while  R1234yf  has  a  heat  of  vaporization  of  143.87  kJ/kg.  As  the  R32  mass  fraction  is  reduced  by  
10%,  the  COP  reduces  in  a  similar  manner  as  the  cooling  capacity.  It  can  be  found  from  Figure  7  
that   the   compressor   power   consumption   reduction   is   almost   negligible   compared   with   cooling  
capacity  reduction.  
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Table  4:  ASHRAE  Standard  116  (2010)  Test  Condition  [5]  
Indoor  conditions  

  
ASHRAE  Test  A  condition  

26.7  °C    
(dry  bulb)  

19.4  °C    
(wet  bulb)  

Outdoor  conditions  
35  °C    
(dry  bulb)  

N/A    
(wet  bulb)  

  

  

  

Figure  8:  Cooling  capacity,  power  input  and  system  COP  at  various  R32  mass  fractions  
Regarding  the  operating  pressures,  as  the  mass  fraction  of  R32  decreases,  the  operating  pressures  
decrease   too   (Figure   9).   For   every   10%   lesser   R32,   both   condensing   and   evaporating   pressures  
reduce  up  to  7%.    
This  is  because  R1234yf  has  a  high  boiling  point  of  243.7K  which  leads  to  much  lower  operating  
pressure.  When  R32  mass  fraction  reduces,  the  operating  pressure  of  the  blend  turns  towards  lower  
pressure.  The  vapor  specific  heat  of  R1234yf  at  300K  is  1.065  kJ/kg  which  is  lower  than  that  of  R32.  
The  discharge  temperature  is  therefore  decreased  by  0.4  K  to  0.5  K  as  the  R32  mass  fraction  shifts  
by  10%.    
  (Figure  10).    
  
  

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

71

  
Figure  9:  System  condensing  pressure  and  evaporating  pressure  at  various  R32  mass  
fractions  
  
  

  
Figure  10:  System  discharge  temperature  at  various  R32  mass  fractions  
  

4.   CONCLUSIONS  
The   paper   discusses   refrigerant   mixtures   and   their   applications   in   heat   exchangers   and   vapor  
compression   cycles.   Most   mixtures   are   zeotropic   ones   and   therefore   exhibit   a   temperature   glide  
during  evaporation  and  condensation.  The  temperature  glide  may  cause  capacity  losses  due  to  a  
reduced  approach  temperature  in  heat  exchangers.  Without  a  proper  design,  heat  exchanger  may  
lose   up   to   27%   of   its   capacity   when   using   a   zeotropic   mixture   having   5.2   K   temperature   glide.  
However,   by   simply   changing   the   refrigerant   path   to   be   counter   flow,   such   capacity   loss   can   be  
minimized.  When  the  air-to-refrigerant  mixture  heat  exchanger  can  deliver  the  required  capacity,  the  
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reduced   approach   temperature   resulting   from   the   temperature   glide   can   improve   the   system  
efficiency.  Refrigerant  mixture  has  the  benefit  of  control  system  capacity  by  altering  its  composition  
circulating  in  the  cycle.  The  paper  studies  a  R1234yfa/R32  mixture  and  reports  a  4%  cooling  capacity  
reduction  for  every  10%  reduction  in  R32  concentration.    
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ABSTRACT
Cold chain is indispensable to ensure perishable goods safety in our societies. It has strongly
developed for more than 150 years and will develop even more during the next decades. As far as
safety is involved its guarantee is searched and it is also the case for cold chain from its early
beginning with Charles Tellier in 1876. With the increasing place of cold chain and its energ y
needs, it is now also necessary to ensure cold chain environmental efficiency.
Certification is a way to guarantee safety and performance. Since the beginning, alongside with
cold chain development, certification schemes were developed, through tests in a first time, then
with product certification and then companies and staff certification. An overview of the available
certification systems allows understanding the potential of certification to guarantee cold chain
conformity and performance and to help its development all around the world.
The analysis of cold chain certification development in 2019 in the world from farm to fork and from
laboratory to pharmacy underlines the necessity of harmonisation of the standards and their
development all around the world to improve the safety of cold chain and its environmental
performance and reduce its energy consumption
Keywords: Cold Chain, Certification, Tests, Label, Performance.

1. INTRODUCTION
Cold chain was invented nearly hundred fifty years ago in France by Charles Tellier who, for the
first time, transported fresh meat from France to Argentina and back in 1876. The issue for Tellier
was already to certify the quality and security of the meat after its transport and his greater
challenge to convince people of the tremendous interest of these new technologies for them and
for their health: “Ils prouveront mieux la vérité des faits que tout ce que je pourrais dire (They will
better prove the truth of facts than all the things I may say).”
Nowadays cold chain is indispensable for our society. It is the guarantee of food security for fresh
and frozen products and consumers want the guarantee of their food quality that is to say also the
guarantee of the cold chain. It is also a demand of all the professionals along the cold chain who
endorse the responsibility of the food safety of their products. It is also the case for thermossensible pharmaceuticals and health products which requires cold chain. The patient wants to be
sure of their quality, including the continuity of cold chain from farm to fork and from laboratory to
lavatory.
In the same time cold chain requires energy and its environmental impact is important. The
consumer also wants a sustainable cold chain with energetic and environmental labelling ensuring
the performance of the equipment and the governments ask for energy savings and sustainability.
To face these two challenges, cold chain should prove its quality and performances on an
independent way. Since the first cold chain certification systems at different levels were dev eloped
either by manufacturer, by users or by the authorities willing to develop cold chain and guarantee
food but also health products, safety and security.
This paper first tries to describe all the development of certification schemes of equipment, people,
systems or companies all along with cold chain development, and then it presents the different
certification systems and models in regard with cold chain specificities. Finally the author analyses
the present situation with the available cold chain certification schemes and the gaps to be filled to
guarantee to users, consumers and authorities the quality and the performance of cold chain all
over the world for all kind of products.
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2. COLD CHAIN CERTIFICATION DEVELOPMENT
Since its early beginning, cold chain had to prove its quality and performances. Tellier faced many
objections and when he summarised his work in 1910 he noted that he proved the capacity of the
machines to produce cold, the capacity of the insulation to preserve it and finally the quality of the
meat after its storage and transport under controlled temperature: the performance of the
equipment and the conformity of the result, the two pillars of most of our certification systems
nowadays. Obligations of means or obligation of results are too often opposed but Tellier reminds
us that they are fully complementary.
2.1. Cold Rooms, Cold Chambers and Ice-coolers, the oldest Cold Chain Equipment
Deriving from the ancient icehouses, cold chambers are certainly the oldest cold chain equipment,
introduced before the chain. Recently a standardisation of testing and dimensioning was intended
in Europe in the frame of CEN TC44. If this work proposes dimensioning rules it is not bringing yet
to certification.
On the pharmaceutical cold chain cold chambers and ice-coolers for vaccines and blood testing
methods and certification have been defined by WHO in its SQP (Service Quality Plan) program
which covers most of the equipment’s for vaccines cold chain from packaging to delivery including
traceability devices. The SQP certification scheme is a type certification of the products.

Figure 1: test of an ice cooler for vaccine transportation according to OMS PQS certification
protocols.

2.2. Refrigerated Transport Certification: more than a century of history
Just after the first International Congress of refrigeration in Paris in 1908 and the creation of the
French Refrigeration Association and the International Institute of Refrigeration the same year, the
first cold chain test station is built in Chateaurenard in the south of France in 1910 (see Fig. 2). Its
objective was to measure the insulation performance of the refrigerated rail coaches and their
capacity to preserve and transport perishable foodstuff under controlled temperature. It was
certainly the first attempt to elaborate standard testing methodologies for cold chain equipment on
an independent way in a dedicated laboratory, the ancestor of present ATP testing stations and the
first cold chain independent laboratory.
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Figure 2: Type test of a refrigerated wagon in Chateaurenard test station (1910).

Refrigerated transport long remained the weak point of cold chain. Without refrigerated transport
there is no cold chain continuity and then no cold-chain at all. Invented in 1876, cold chain real met
a large scale development in the world during and after First World War with the need to feed the
armies on the front and then the development of terrestrial refrigerated transport and refrigerated
transport equipment at large scale. After the World War the refrigerated transport fleet has
tremendously increased. In France for instance it was multiplied by more than 10 in four years.
With cold storages, refrigerated rail coaches and cold chambers, a network has been developed to
offer a continuous cold chain. To assess the performances of their equipment the army wanted
standards and tests. Henri Bénard, the famous physicist, served during the war as officer in the
military cold chain scientific commission and he conceived new methods for the measurements of
the thermal diffusivity of the insulated wagons walls published after the war in 1919 and 1921. It
was the first standard for measurement of refrigerated transport equipment performances.
In France these equipment were given by the government to create refrigerated logistics
companies between 1919 and 1927.
The Second World War marked also an important change in cold chain with the strong
development in the 40s and after of the refrigerated road transport. One of the first refrigerated
trucks appeared in the late 30s in the United States of America arrived in Europe in the mid-40s.
The new equipment allowed a larger and broader development of cold chain introducing also new
challenges for manufacturers, users and consumers. Cold chain developed its network on more
international bases. Following its 40 years’ experience in testing and certification of refrigerated
transport equipment, France published in 1952 a regulation requiring minimum performances of
insulation and minimum refrigeration capacities for refrigerated trucks. This regulation was
including the measurement methodology, the classification of the equipment depending of their
type and performances, and individual certification of each refrigerated van, truck or trailer. New
tests stations were created to face the increasing demand of tests and certification of equipment.
One of these was the ATP test station in Antony (France) for the certification of refrigerated
transported equipment (see Fig. 3).

Figure 3: tests of refrigerated trucks in the 50s in Antony ATP test station.

With the increase of international exchanges and the control of customs it appeared preferable to
reduce the openings of the refrigerated transport equipment for their control. The development of
an international recognition of the performance of the refrigerated transport equipment was
necessary. In the frame of Economic Commission for Europe of the United Nations started
discussions that ended in 1970 with the signature of the International Agreement concerning the
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International Carriage of Perishable Foodstuffs and on the Special Equipment to be used for such
Carriage, referred to as “ATP”. It became the first international certification scheme for cold chain.
To date, fifty two countries in the world have signed this agreement and some others have copied it
in their own regulation and standards. This agreement requires minimum performances for all
terrestrial refrigerated transport equipment used for international transport and the certification and
regular recertification of each piece of equipment. With the aim of guaranteeing food security all
along the transport, these performances and certification system is required both for the insulation
of the refrigerated enclosure and for the refrigerating unit.
Since 1970, as a matter of fact, some countries such as Russia, Italy, Spain, Morocco or France
have also decided in their national regulation, to apply ATP rules to all refrigerated transport in their
country. They want to reinforce their food security taking into account the specificity of their food
chain, alimentation habits but also their climatic constraints.
Fig. 4 shows the ATP certification scheme as implemented in France in 2019. The insulation
performance of a refrigerated vehicle used in the carriage of perishable foodstuffs is quantified
through the overall insulation coefficient, so called K coefficient. As shown if Fig. 4, the French
Regulation requires that this coefficient is measured for all the in-service vehicles after twelve
years from their owner whereas immediately after the manufacturing only the K coefficient of the
prototype, Kp, is measured to certify the whole series, for the first six years of life. After the first six
years of life the recertification is made for all the in-service equipment through a pull down test, to
be repeated after three years of life. At twelve years of life, the K coefficient allows renewing the
ATP certificate for other six years, after which the K coefficient test must be repeated for a renewal
of a further six years.

Figure 4: ATP certification scheme as implemented in France in 2019.

2.3. Bulk Milk Coolers
Cold chain is not limited to transport even if refrigerated transport long remained the weak point of
cold chain and is still the critical segment in a lot of regions of the world. As stated by Alexandre
Monvoisin in 1925 cold chain requires safe products, early refrigeration and continuous
refrigeration: the three pillars of the famous Monvoisin tripod. Then, it is not surprising to see the
development of testing protocols and certification schemes for other cold chain segments. Among
other cold chain segments, milk and dairy products are the most sensitive perishable food
products. The industrialisation of their distribution and transformation increased the time between
milking and process. In the 70s it became indispensable to cool milk at farm before transport to the
dairy. Bulk milk coolers met a fast and important development. French government subsidised
them in the 60’s to encourage farmers to improve the quality and security of their milk. It was
important to finance with public money only efficient equipment. Then a testing methodology and a
voluntary “NF” product label was created based on a certification scheme developed by French
agricultural ministry, the manufacturers and the Cemagref technical and research centre. The
testing and performance standard then became European and is referenced today as EN 13732.
2.4. Refrigerated Display Cabinets
At the end of the chain, fresh and frozen products are distributed to the consumer most of the time
in display cabinets. Nearly 100 million of these display cabinets are in service in the world. At the
end of cold chain, with an important turnover of products, a strong lighting of the stuff, an
increasing number of customers taking their shopping directly in the refrigerated cabinets, these
equipment most of the time open are one of the most critical component of cold chain.
An international testing and performance standard was developed to assess the performances of
refrigerated cabinets in different ambient conditions, for different foodstuff temperature and
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including their energy consumption. It is referenced ISO 23953. Type certification has been
developed on this standard.
2.5. Temperature Recorders and Thermometers
In the same time the demand of traceability of cold chain increased and raised the issue of the
performance of the thermometers and temperature recorders in cold chain and particularly in cold
chain logistics where the conditions of operation may be difficult. Testing and performance
standards were also developed with a type certification of temperature recorders on national
approbation lists. A French standard was created by Cemagref in the 80’s and became then
European standard under the reference EN 12 830. It has been recently revised in 2018 including
new classes of performances and enlarging its scope to pharmaceutical cold chain.
Another standard EN 13 485 was developed for testing and performances of thermometers. It was
also indispensable to set rules for calibration and verification of thermometers and temperature
recorders, it is done with the EN 13 486 standard. These two last standards are currently in
revision by CEN. A first standard for testing and performances of temperature indicators and
integrators were also developed and published in France under the number NFX-18 100.
These three voluntary European standards should be fulfilled by thermometers and temperature
recorders used in deep frozen food cold chain in application of European EU 37/2005 regulation.
This equipment should be type certified and individually calibrated and checked.

3. CERTIFICATION SCHEMES
Certification may be mandatory and imposed by international, national or regional regulations. In
cold chain it is the case of ATP for refrigerated transport equipment. It may also be voluntary such
as “NF Refroidisseurs de lait en vrac” (“NF bulk milk coolers”) label for bulk milk coolers for
example. It may also be required for public or private funding’s such as WHO SQP (Service Quality
Plan) label. Voluntary or mandatory, certification has different level from type certification to
product certification with control of production, it may be self-certification by the manufacturer such
as CE mark with a rather low reliability, delivered by a second or a third independent party with a
high level of confidence most of all when the certification body is accredited such as Cemafroid
certification body for ATP new equipment certification.
3.1. Equipment Testing and Type Certification
Equipment certification is the most common, even in cold chain. Generally based on testing and
performances standards, equipment certification may nevertheless have different level. The first
level of certification is “type certification” based on the test of a representative sample of a model.
The laboratory assesses the performance of the tested equipment and it may be considered, if the
production is of quality, that the other equipment pieces built on the same reference offer the same
performances. Generally, a type certificate describes the given performances and the certified
product. The type certificate is related to a model or type of equipment, never to each individual
piece of equipment.
3.2. Products Certification
The equipment certification may be a little bit more accurate with a quality control of the production
through audits of the plants for instance. This offers a better guarantee of the production quality. It
may be based on the product certification standard ISO 17 065.
The better guarantee is offered by a product certification based on the same standard and
principles but including production controls of each piece of equipment produced and an
independent random selection of a piece of equipment for the measurement of its performances by
an independent accredited laboratory. The third party production control under accreditation is the
must in term of product certification.
The ultimate certification is based on a systematic full test of each piece of equipment, but this
approach is extremely expensive and generally economically unviable. It is totally inapplicable to
cold chain. It is preferable to set an appropriate intermediary independent certification system.
The cost of these different systems is of course rather different but the level of guarantee offered
too.
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3.3. People Certification
Even with the best equipment cold chain may be inefficient with unskilled people. It is an increasing
issue with the growing complexity of the systems and their faster evolution. Training of staff is
indispensable at all level of the companies, but also at the customer level.
The increasing complexity of refrigeration requires trained people either to implement, to maintain
or to use the cold chain facilities and systems. Training were developed with cold chain
development in all the countries and refrigeration diplomas created from operators level to
engineers. The French Refrigeration Association for example developed technicians and engineers
diplomas with Conservatoire National des Arts et Metiers in the frame of Institut Français du Froid
Industriel (IFFI) which still exist.
More recently it appears that the progress of techniques and regulations required regular control of
the knowledge and practices of the operators. In Europe a certification of operators was set in
2007 in the frame of F-gases regulation EU 842/2006 replaced then by EU 517/2014, in order to
reinforce the containment of refrigeration systems and reduce refrigerant losses in the atmosphere.
Since 2008, hundred thousands of staffs have been certified in Europe for F-gas manipulation. If in
some countries this certification is not limited in time, in most of the European countries it is a five
or ten years certification. A report of the European commission stated that in 2016 already more
than 160 000 people had been certified in more than 40 000 certified companies.
3.4. Cold Chain Certification
The Graal for cold chain certification would be of course the full cold chain certification. With an
important number of segments, equipment and operators, it is a great challenge and a complex
system. Till now no system exists for the full cold chain certification from farm to fork or from
laboratory to lavatory.
Before the certification of the full cold chain it will certainly be necessary to certify all the equipment
and operators of the chain which is not already done.
The development of communication facilities and big data will certainly help developing a global
certification, even without a certification of each individual element.
3.5. Certification Bodies
The first level of certification, which is not really one, is auto certification by the manufacturer such
as for most of the CE mark in Europe. Auto-certification does not give really more than a
commercial trade mark for the consumer or the user.
Most of these certifications are delivered by independent third parties, either for type certifications
or for products and services certifications. Nevertheless an efficient certification system also
requires a public and well documented certification system accessible to everybody with no
restrictions.
The most robust certification labels are delivered by accredited bodies. The accreditation bodies
should be members of the international network of accreditation bodies the International
Accreditation Forum (IAF) at international level and the European co-operation for Accreditation
(EA) at European level. Certification bodies should be accredited according to the international
standard ISO 17 065.
Nevertheless, some intergovernmental organisations, such as World health organisation (WHO) in
the frame of its SQP program, also deliver accreditation for laboratories and certification bodies.
3.6. Accreditation Bodies
At the top of the systems there are the accreditation bodies. Laboratories and certification bodies
should be accredited to assess and insure the quality of their service and the independence of their
decisions. Each country has its own accreditation body such as Accredia in Italy, UKAS in United
Kingdom, ENAC in Spain or COFRAC in France. The accreditation bodies gathered in associations
and assess their performances on the base of peer revues. The international laboratories
accreditation cooperation (ILAC) coordinates testing accreditation bodies while European
Accreditation (EA) coordinates certification accreditation bodies. The members of European
Accreditation are shown in Fig. 5.
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Figure 5: Members of European accreditation.

4. COLD CHAIN CERTIFICATION TODAY AND FUTURE NEEDS
It is interesting to map the certification systems in operation nowadays for cold chain from farm to
fork and laboratory to lavatory.
Table 1 hereunder gives an over view of existing certification schemes for cold chain equipment,
companies and staff. It underlines that even if nearly all equipment, companies and staff may be
certified in the frame of existing certification schemes, the penetration of certification remains very
low. With the development of cold chain, the need of certified equipment, certified commissioners
and maintainers and certified staff is major. Nevertheless the number of certified items is still low
and the level of the existing certifications sometimes quite basic or poor.
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Table 1. Identified certification systems in 2019 for cold chain components
Equipment

perishable
goods
concerned

name of the
certifications

Coldstorage and cold
chambers

Certicold HACCP
and Certicold
Pharma

Icecoolers

WHO-PQS

Perishable
Foodstuff,
Health
products
health
products

Refrigerated transport
equipment

ATP, Certicold
Pharma,

Insulated and refrigerated
packaging
Display cabinets and vending
machines

WHO-PQS,
Certicold Pharma,
Certicold HACCP
Energy labelling, Perishable
Certicold HACCP, Foodstuff,

Domestic refrigerators

energy labelling

Compagnies
Refrigerants manipulation

Staff
Operators manipulating Fgazes

Perishable
Foodstuff,
Health
products

Food

name of the
certification

perishable
goods
concerned

F-gaz certification all

name of the
certification
F-Gaz certification all

perishable
goods
concerned

Voluntary or
mandatory
certification
voluntary

Nature of
certification

standard or
regulation

product
certification

standard

mandatory for type
some
certification
operations
regulation
(ATP),
Voluntary
(Certicold)
type
certification

standard

type
certification
and product
certification
mandatory for type
some
certification
operations
Voluntary or
Nature of
mandatory
certification
certification
mandatory
Compagnie
certification

Voluntary or
Nature of
mandatory
certification
certification
mandatory
Staff
certification

geographical
area

total number
of certified
units in the
world

% of units
certified

everywhere
less than 1%
everywhere

only several
models

0%

regulation

52 countries in nearly 1 million
the world
beetwen 20%
and 50%

standard

everywhere

standard

everywhere

regulation

everywhere

standard or
regulation
regulation

standard or
regulation
regulation

geographical
area
EU (28
countries)

geographical
area
EU (28
countries)

many types
certified but no less than 1%
individual unit
some ten
thouthands
between 1 and
units
20 %
all type
certified but no
individual unit
total number
of certified
compagnies
40 000

total number
of certified
units
160 000

0%

% of units
certified
more than 50%

% of units
certified
more than 50%

4.1. Bulk Milk Coolers
The voluntary certification system developed in Europe by AFNOR was interrupted a few years
ago due to a concentration of the market, an increasing number of models and a now un-adapted
certification system even if it was based on a quite well written testing standard EN 13 732.
If the European market of bulk milk coolers is mature and rather limited now, it is booming in
developing countries. Equipment of all levels of quality are proposed on the market and a
certification would be very useful, first of all for equipment subsidised by international or national
public money. It will guarantee a high cold chain performance of the equipment but also a high
environmental and energetic efficiency for equipment requiring high energetic consumption. At a
broader scale, Certicold HACCP bulk milk coolers offers all over the world an international
certification of these key equipment at the really beginning of dairy cold chain.
4.2. Cold Chambers
The oldest cold chain equipment remains till recently out of the standards and certification scope.
An European standard referred to as EN 16855-1 was published in 2017 for test and dimensioning
of cold chambers no certification scheme has been developed in this frame.
With the development of mobile cold chambers and containers used as cold chambers,
professionals have developed recently a referential in the frame of Certicold certification scheme. It
is the beginning of cold chambers certification either for foodstuff or for pharmaceuticals cold chain.
4.3. Refrigerated Transport Equipment
Among cold chain equipment, refrigerated transport equipment meet the highest rate of
certification. Perhaps, this is due to the fact that it is one of the most critical, due particularly to their
movements and constraints. In ATP countries a large number of equipment are certified and in
countries such as Russia, Italy, France, Spain or Portugal who decided to apply ATP regulation to
all transports, nearly all the refrigerated transport equipment are certified. Figure 6 hereunder
shows the implementation of ATP in European and nearby countries, that is to say most of the 52
ATP countries.
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Figure 6: Implementation of ATP in the world in 2019 – Cemafroid©.

With more than 1, 2 million refrigerated transport equipment pieces, Europe account for roughly a
third of the world fleet. A large part of this fleet is certified in 2019. It is also the case in other ATP
countries. Fig. 7 presents the distribution of the ATP certificates issued in the world in 2017
whereas Fig. 8 presents the ATP refrigerated transport fleets according to UNECE 2012-2018
figures.

Figure 7: Number of ATP certificates delivered in ATP countries in the world in 2017 – Cemafroid©
based on ECE-TRANS-WP11-2016-01.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

82

.
Figure 8: ATP refrigerated transport fleets according to UNECE 2012-2018 figures.

For health products transport, if a lot of manufacturer’s labels have been developed, few
independent third party public labels are available. Certicold Pharma®, for example, start to
develop in many countries with some thousands equipment already certified with a strong link with
ATP.
4.4. Refrigerated Packaging
Refrigerated packagings are used for several years for pharmaceutical cold chain. Several testing
standards are used such as private American standard ISTA 5b, public French standard
NFS 99 700 but most of the time without even type certification.
For the needs of international vaccines distribution, World Health Organisation has developed its
PQS certification system including most of vaccines cold chain equipment and particularly
insulated and refrigerated transport packaging:
• E001: Cold rooms, freezer rooms, and related equipment
• E002: Refrigerated vehicles
• E003: Refrigerators and freezers
• E004: Cold boxes and vaccine carriers
• E005: Coolant-packs
• E006: Temperature monitoring devices
• E007: Cold chain accessories
The certification of cold boxes and vaccine carriers, coolant-packs and temperature monitoring
device according to PQS is mandatory to access the United Nations vaccination programs.
The use of packaging is booming for a few years for distribution of food stuff sold on e-commerce.
In Some countries such as China were the traditional cold chain is not so well developed, fresh
foodstuff distribution is said to be more important through this canal than throughout the traditional
cold chain.
An attempt of foodstuff distribution certification in refrigerated packaging is ongoing in the frame of
ISO under the PR NF ISO 23412.
4.5. Display Cabinets
In the world nearly 100 million refrigerated display cabinets contributes to daily distribution of
perishables to the consumers all around the world. They are certainly now the critical point for coldchain at the interface of professional distribution and the consumer. Distributors have for long
asked for certification of display cabinet to guarantee their performance and the quality of cold
chain in the supermarkets and shops.
With an international standard available it was easier to develop a product certification for display
cabinet. The project started in 2006 with Perifem the French technical association of retailers. The
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first Certicold HACCP label for display cabinets were issued in 2016 for independent refrigerated
display cabinets. It was enlarged in 2018 to remote refrigerated display cabinets. More than 15 000
refrigerated cabinets have been individually certified and marked with Certicold HACCP label. The
Certicold HACCP certification system is based on type tests realised in an independent accredited
laboratory, construction audits are conducted by the certification body that also randomised each
year products on production line to test them in an independent accredited laboratory.
4.6. People Certification
If people certification is well developing all around the world for F-gas manipulation, the certification
of people working in cold chain is rather limited. With the tremendous need of training of people in
cold chain, we can imagine that people certification will start soon on these items.
4.7. Cold Chain Certification
Cold chain certification remains a dream today. To reach the full cold chain certification it is first
necessary to manage all the segments and certify them. Nevertheless some certification schemes
apply to cold chain segments.
Night delivery is a solution to improve urban areas logistics. Most of the mega poles do not have
more than three days food storage in their urban area. Food distribution is then a sensible item. To
improve fresh food distribution reducing its environmental impact, night delivery has strongly
developed since a few years in Europe and United States. Nevertheless refrigerated transport is
noisy and then may create noise problems at night with neighbours of shops and restaurants. To
answer this issue certifications of night deliveries have been developed. It started in the
Netherlands with the type certification of silent refrigerated trucks under the Piek Label which then
expanded all over Europe. Then this initiative was completed with the certification of the shop to be
delivered at night and the transporter able to do so. It began in United Kingdom with Noise
abatement society project and then in France with Certibruit initiative for night delivery certification.
A similar system has also been developed in New York.

5. CONCLUSIONS
Cold chain certification is an issue from the early beginning of cold chain in 1876 with Charles
Tellier. All along the hundred and fifty last years, cold chain experts worked together to set
certification schemes. From the first tests of cold chain equipment in the early twenty century in the
first dedicated laboratories to now, they have developed a full set of certification schemes from
type certification to product independent certification.
Nowadays certification schemes are available for nearly all cold chain equipment either mandatory
or voluntary. They have proved their interest and their capability to increase the performance of
cold chain. Nevertheless they are not implemented all over the world, such as for refrigerated
transport equipment. There is then a large potential for development of cold chain equipment
certification from farm to fork and laboratory to lavatory all over the world.
People certification has also strongly been developed over the last decades, but mainly i n the
management of F-gases. There is an important need in this field and it will be a challenge for cold
chain industries in a context of major difficulties to recruit competent and qualified staff in a lot of
countries.
Finally the global cold chain certification remains a dream today. Nevertheless the fast
development of big data, the internet of things, the capacities of data exchanges offer new
possibilities to develop a connected cold chain. These technologies will help to assess the global
performance of cold chain for each fresh and frozen product transported from farm to fork and
laboratory to lavatory. It will not replace the equipment and people certification but will usefully
complete it.
The full cold chain certification is then our challenge for the next twenty years.
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ABSTRACT
The magnetocaloric refrigeration and heat pumping is considered to be one of the most important
alternatives to existing vapour-compression technologies. In the past two decades we have
witnessed a substantial increase in basic and applied research efforts to bring this technology to the
market. Despite the significant research progress that has been made, there are several critical
issues that need to be solved in the near future. These concern efficient heat transfer, the reduction
or removal of moving parts, and rare-earth-free and stable, energy-efficient magnets and
magnetocaloric materials. This article gives an overview and updated information on global research
achievements in magnetic refrigeration and heat pumping. The article addresses the most important
and also some overlooked solutions that could pave the way for the future developments of
magnetocalorics and their realistic market applications.
Keywords: Refrigeration, Heat pump, Magnetocaloric, Cooling, Energy Efficiency.

1. INTRODUCTION
Magnetocaloric refrigeration in combination with heat pumping is one of the most important and most
developed ferroic technologies, representing a serious alternative to vapour compression (Goetzler
et al., 2014; Qian et al., 2016; Choi et al., 2018). Since the two key milestones that mark the
beginning of intensive research in materials science (Pecharsky and Gschneidner, 1997) and device
development (Zimm et al., 2003), a substantial number of new magnetocaloric materials and
conceptual devices have been developed. Today, we are witnessing enormous progress in
magnetocaloric technology, but at the same time many open and unresolved problems represent a
serious challenge to the development of competitive market applications. In this article, we review
the past 5 years of developments in magnetocaloric technology. Since several critical issues need
to be solved in the near future, a special emphasis is put on solutions that are required for
magnetocaloric refrigeration combined with heat pumping to become a competitive technology.
These issues address the present problems related to magnetocaloric materials, regenerators and
heat transfer, magnetic field sources, as well as the hydraulics. Simultaneously, guidelines for shortterm research activities are presented, which could lead to substantial improvements with respect to
the costs and energy efficiency of tomorrow’s magnetocaloric devices. Some of the newest research
activities indicate that future magnetocaloric devices can efficiently operate, even with no moving
parts. The following sections provide the reader with a review of the state of the art for the past 5
years of activities and future perspectives for magnetocalorics.

2. THE MAGNETOCALORIC REFRIGERATOR/HEAT PUMP
A typical magnetocaloric device consists of a magnetocaloric material in the form of the regenerator’s
matrix, through which the working fluid oscillates. Different hydraulic means can be provided for the
fluid’s propulsion, which enables heat transfer to external (heat source or heat sink) heat exchangers.
A variable magnetic field source is required for the periodic magnetization/demagnetization process.
This is usually provided by a static permanent-magnet assembly (which requires the motion of the
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regenerator’s matrix) or by a magnet assembly that moves over the static regenerator matrix. The
most comprehensive description of devices and thermodynamics, their operation with different
configurations, including particular parts, can be found in (Kitanovski et al., 2015a). Since the
research domain is rapidly developing, with significant new achievements, the following sections
present an up-to-date overview of research activities in each particular subdomain of
magnetocalorics.
2.1.

Magnetocaloric materials

At the beginning of this section it is worth highlighting two important projects, one of which was
recently closed. The results of the German Ferroic Cooling programme led to very important findings
in tailoring new or improved magnetocaloric materials and processing methods for regenerators.
Some of the latest research results of the group of researchers involved in several different projects
can be found in a special issue, edited by Fähler, (2018); however, a complete list of references from
the programme can be found at the following website (www.ferroiccooling.de). Another important
and ongoing project concerns a consortium of research institutes and companies from the USA
(www.caloricool.org), as part of the Energy Materials Network (US Dept. of Energy).
In both the above-mentioned activities, an important part of the investigations related to recyclability,
processing methods for regenerators, the search for new, rare-earth-free magnetocaloric materials,
and an improvement of the properties (reduction of the hysteresis, improvement of the thermal
conductivity, elasticity, etc.). These are also issues that were the subject of recent research activities
by other groups around the world.
The most recent and most comprehensive review of magnetocaloric materials can be found in
Franco et al., (2018). The latest review on manganese-based magnetocaloric materials can be found
in the work of Chaudhary et al., (2019). Another interesting publication came from Lyubina, (2017a),
who made a review of magnetocaloric materials with an adiabatic temperature change higher than
2 K/Tesla.
In general, the most applicable magnetocaloric materials can be divided into four main groups: Gd
and its alloys, La–Fe–Si-based materials, Mn–Fe–P-based materials, and Ni–Mn-based Heusler
alloys Waske et al., (2018). However, research is ongoing to find new candidate materials
(Pecharsky et al., 2016; Brück et al., 2016).
A systematic search for new magnetocaloric
compounds can be found in Bocarsly et al., (2017), who screened 134 ferromagnetic materials and
an additional 30 compounds for their potential as magnetocalorics. A very comprehensive study,
performed by Zarkevich et al., (2018), was based on theoretical and computational methods, and
served as a guide for a later experimental investigation. The authors report on assessments of more
than 1000 materials, which led to the selection of the 10 best materials to be evaluated
experimentally.
Hysteresis represents an important drawback of magnetocaloric materials. In recent years, great
efforts have been invested to solve this problem for certain magnetocaloric materials. For instance,
Gutfleisch et al., (2016) investigated the mechanisms behind the thermal hysteresis of La–Fe–Sibased, Heusler-based and Fe2P-based compounds. In their work, they summarized the main causes
of hysteresis in different magnetocaloric materials and discussed the possibilities to reduce it.
Additional work on mastering the hysteresis problem in Heusler alloys can be found, e.g., in
(Gottschall et al., 2017; Cohen, 2018).
2.1.1. Resources & Environmental issues
Gauß et al., (2017) evaluated to what extent the raw materials needed to produce magnetic
refrigeration for the mass market are critical in terms of demand and supply. They found that Gdbased materials are critical, with La–Fe–Si-based or Mn–Fe–P-based being substantially less
problematic. Moreover, their evaluation of Nd and Nd–Fe–B as the candidate permanent-magnet
material for magnetic refrigeration has shown that these kinds of materials will represent a significant
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bottleneck at a later innovation stage when magnetic cooling technology would potentially dominate
the main markets. Another comprehensive study was performed by Tunsu and Petranikova, (2018).
They investigated the recycling process by assessing the use of hydrometallurgy to recover the
REEs from commercial magnetocaloric materials containing cerium, iron, lanthanum, manganese
and silicon. A very important study was performed by Aprea et al., (2015a) who numerically
investigated and compared the TEWI index (Total Equivalent Warming Impact), which relates to
direct and indirect contributions to global warming. In the study several different first- (FOMT) and
second-order (SOMT) magnetic refrigerants were analysed. The study showed that GdSi2Ge2 and
LaFe11.384Mn0.356 Si1.26 H1.52 have a TEWI index always lower than that of a vapour-compression plant.
Furthermore, the TEWI of the AMR cycle working with FOMT materials is always better than that of
SOMT materials. In 2018, their study was extended to include other caloric materials Aprea et al.,
(2018).
2.1.3. Adiabatic temperature change
The remaining problem today regards the magnetocaloric effect in terms of the adiabatic temperature
change. Despite the fact that the problem of small adiabatic temperature changes has been seriously
addressed by the magnetocaloric community, researchers still tend to relate a large magnetocaloric
effect to the entropy change, except for a few publications, such as, for instance, those Lyubina,
(2017a). Since the heat transfer is not reversible, nor an ideal process, it always requires a
temperature gradient for the heat to flow. A small adiabatic temperature change of, e.g., ∆Tad < 2 K,
therefore, cannot lead to a high energy efficiency of the device. Despite the very large efforts made
in tailoring and improving, e.g., the Heusler alloys, the present small adiabatic temperature change
greatly restricts their application for refrigeration and heat pumping. The solution to this problem is,
of course, not in the application of very high magnetic fields. Since the future of magnetocaloric
technology strongly depends on the compactness (cost), this also relates to the number of
thermodynamic cycles per unit of time (frequency). A magnetocaloric material that does not perform
a nearly reversible and high magnetocaloric effect at a high frequency of operation >10 Hz (i.e.,
dynamic magnetocaloric effect), is greatly restricted for future applications (see e.g. Aliev et al., 2016;
Gottschall et al., 2016).
2.1.4. Refrigeration capacity / Figure of merit
In vapour compression, the refrigerant’s capacity is related to the enthalpy difference of the
refrigerant during the evaporation process. In analogy with conventional refrigeration, as well as from
the thermodynamic point of view, the most correct way to characterize the refrigerant’s capacity lies
in the process of the isothermal entropy change at a certain temperature level. Therefore, regardless
of the process in which the magnetocaloric material is used (cascade system, regeneration) this can
simply be given by the following expression: ݏ∆ ∙ ܶ = ݍ, where T(K) is the temperature at which the
capacity is defined and ∆s corresponds to the total isothermal entropy change of the magnetocaloric
material. However, in order to characterize the applicability of the magnetocaloric material, the
definition of the ideal refrigeration capacity is not sufficient, especially because it does not concern
the adiabatic temperature change, which is crucial for efficient heat transfer and real applications. A
very valuable information can be found in a recent publications of Niknia et al.,(2017) and (Griffith et
al., 2018), where different figures of merit are used as indicators for a magnetocaloric material’s
refrigeration quality.

2.2.

Regenerators and their processing

In this section we will present the activities of the past 5 years that relate to the material science and
engineering of magnetocaloric regenerators. Concerning the number of publications, this domain
represents, after the publications on materials, one of the most active domains in the field of
magnetocalorics. In general, magnetocaloric regenerators can be divided into two main groups
today: packed beds and ordered structures (Figure 1). Most of the activities relate to the engineering
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problems of heat transfer, fluid dynamics, as well as the processing methods for tailored structures
with the desired magnetocaloric, thermal or mechanical properties.

Figure 1: An example of the different types of magnetocaloric regenerators

2.2.1.

Numerical modelling and experiments on layered regenerators

Since the magnetocaloric effect is restricted by the temperature interval, the use of multiple layers
of magnetocaloric materials with different Curie temperatures enables applications with larger
temperature intervals, which are required in real devices. This layering also leads to the increased
power density of the device and an improvement in its efficiency (Richard et al., 2004). The largest
number of layers was investigated by Zhang et al., (2017), who evaluated by numerical simulations
the operating performance of an AMR consisting of 16 layers based on the La–Fe–Mn–Si–H
compound. Chiba et al., (2015) performed experiments on a composite material based on different
fractions of La–Fe–Co–Si compounds with different Curie temperatures in the temperature range
275–315K, which lead to a rather small adiabatic temperature change over a large temperature span.
Additional numerical and experimental studies were performed by the same authors in 2017 (Chiba,
2017). In this particular case, the two parallel-plate regenerators consisted of four La–Fe–Co–Si
compounds with different Curie temperatures. Monfared and Palm, (2015) carried out a numerical
study by predicting four hypothetical layers of a packed-bed regenerator. Teyber et al., (2016) made
a study of the impact of layering on an AMR’s performance based on a numerical evaluation and
experiments with four regenerator compositions comprised of two-layers of magnetocaloric
materials. Whereas the first Gd layer represented the highest Curie temperature, the second layer
used Gd and three compositions of Gd1-xYx. The tests and numerical simulations were performed for
the same size and operating conditions for all four regenerators. The best results were obtained for
the regenerators with two layers. An optimization method using neural networks for n-layers of any
magnetocaloric material was developed by Tomc, (2016), who also experimentally validated the
model on three different parallel-plate regenerators layered with La–Fe–Co–Si compounds. An
interesting finding from the optimization revealed that there exists an optimal finite number and an
optimal length for a particular layer of the magnetocaloric compound. A study which considered up
to 8 layers of La–Fe–Mn–Si–H, a hypothetical Gd-like compound and mixed layers of the first(FOPT) and the second-order materials (SOPT) was performed for by Lei et al., (2016). Whereas
the layers of only SOPT materials can lead to higher cooling powers, such regenerators require a
substantially larger number of layers. In contrast, the layering with only FOPT (Gd-like) materials is
more sensitive to their Curie temperature. The results reveal that the most efficient solutions can be
obtained by mixing different SOPT and FOPT materials. Kamran et al., (2016) developed a hybrid
numerical model in which they studied the performance of layered AMRs based on Gd-like and La–
Fe–Co–Si-type compounds. The verification of the model was performed using existing experimental
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data from the literature, as well as from their own experiments. The latter related to two microchannel
regenerators, each having two layers of magnetocaloric material. The experimental investigation of
MnFeP1−x Asx was performed by Govindappa et al., (2017) for five different matrices: three layers;
six layers; and three, eight-layer regenerators. In the study, the thickness of a particular layer was
varied. Similar to the case of Tomc (2016), the authors conclude that there is a trade-off between
the number of layers and the layer thickness. A too large number of layers will lead to a mismatch in
the regenerator’s operating temperature range. Another important numerical study on the layering
of the regenerator with 10 layers; however, with variable cross-sections (tapering) along the length
of the regenerator, was performed by Dall’Olio et al., (2017). The authors revealed that tapering
represents a small disadvantage for the performance, except for a small range of negative angles
where the system can gain a small improvement in efficiency. An interesting review was published
by Balli et al., (2017). There, not only the fundamental properties of recently reported magnetocaloric
materials, but also their thermodynamic performance in functional devices were discussed. Teyber
et al., (2018a) developed and experimentally validated a semi-analytical model over a broad range
of operating conditions and regenerator compositions using two second-order magnetocaloric
materials. The results of the study revealed that the model demonstrates good predictive capabilities
using experimental data. The authors also state a record (no-load) temperature span of 40 K
obtained from a permanent-magnet-based device. Christiaanse et al., (2018) experimentally
evaluated the performance of six different regenerators with five different layers of Mn–Fe–Si–P
compounds. The authors concluded that a closer “temperature span” spacing improves the
performance of the regenerator. When a spacing in excess of 10 K was used, the beds seemed to
function independently of each other. One of the latest publications relates to the work of Monfared
and Palm, (2018), who numerically investigated and compared the performances of different layered
AMRs in order to find out how much the properties of magnetocaloric materials need to be improved
before magnetic refrigeration systems outperform vapour-compression ones.
2.2.2.

Numerical modelling and experiments with single material regenerators

A large number of studies were dedicated to the numerical performance assessment of active
magnetocaloric regenerators (AMRs). For instance, a new procedure to quantify the AMR’s
performance based on entropy-generation minimization was proposed and investigated by Trevizoli
and Barbosa, (2015). The authors performed a comprehensive numerical study of Gd-based packedbed regenerators operating with a magnetic field change of 1.5 Tesla with a variable frequency
between 1 and 4 Hz. A different study was performed by the same authors (Trevizoli and Barbosa,
2017a), where they investigated the thermal-hydraulic behaviour and the influence of the carry-over
losses in the AMR. Torregrosa-Jaime et al., (2015) proposed a new finite-difference scheme that
optimally combined the explicit and implicit techniques in order to solve the one-dimensional
conjugate heat-transfer problem of the AMR. Qian et al., (2017) proposed a new approach for the
evaluation of the performance of the active magnetocaloric regenerator (AMR) based on given
critical parameters proposed in this study. The critical parameters were derived from the energy
equations that were used to describe the transient energy-transfer processes in the AMR for both
the magnetocaloric materials and the heat-transfer fluid. An open-source DNS solver for the
simulation of AMR cycles was developed by Mugica et al., (2018). The model can be exploited for a
variety of regenerator geometries and properties and can be adopted for other caloric technologies.
Interesting research was performed by Plait et al., (2018), who developed and experimentally verified
a new magnetostatic model based on a reluctance network. The model serves for the calculation of
the internal magnetic field and the internal magnetic flux density of the active magnetocaloric material
(gadolinium, Gd) inside the air gap of a magnetic circuit. According to the authors, the semi-analytical
model leads to a substantial decrease in the computation time and offers (compared to a 3D finiteelement model) a similar precision for all the magnetic quantities in the whole magnetocaloric
system.
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Researchers are finding improvements in designing different geometries of magnetocaloric
structures with a high heat-transfer surface or improved thermal properties. A large number of
publications report on numerical modelling for a number of different geometries.
A comprehensive 1D numerical work on an AMR’s performance evaluation for six different
geometries was performed by Lei et al., (2017a). The following Gd-regenerator geometries were
considered in the study: packed sphere bed; parallel-plate matrix; circular micro-channel matrix;
rectangular micro-channel matrix; and packed screen bed. A comprehensive study was also
performed by Trevizoli et al. (2017b), who investigated different spheres, plates and pins.
You et al., (2018) numerically (Ansys Fluent) investigated Gd materials processed into a twinwedged shape. The results of the study reveal that when long Gd plates are replaced by twin-wedged
Gd elements, the maximum refrigeration temperature span and the specific refrigeration capacity
can be noticeably improved.
Aprea et al. (2015b) presented a comparison between experimental and 2D multiphysics numerical
results for a packed-bed AMR. C. Aprea et al., (2017a) reported on extended multiphysics 2D
numerical modelling for two different magnetocaloric regenerators made of gadolinium: a packed
bed and parallel plates. The authors indicated under which operating conditions the packed-bed
configuration is preferred to parallel plates and vice versa. The same author (Aprea et al., 2017b)
made numerical simulations using a two-dimensional model of AMR regenerators for six different
magnetocaloric materials. The results of the study were validated with previously performed
experimental results from two different situations (zero-load and iso-load). A similar, but substantially
more extended, study as a numerical and experimental investigation was reported in Aprea et al.
(2018a). An interesting study was made by Aprea et al. (2018b) who made a comparison of the
energy performances for different caloric materials (magnetocaloric, elastocaloric, barocaloric and
electrocaloric) operating in an active caloric regenerator. The study under the predicted assumptions
revealed the superiority of PLZT electrocaloric materials over other types of caloric materials.
The largest number of numerical simulations, models and experimental verifications was made for a
single geometry of a particular magnetocaloric material. Below we indicate the work published since
the 2015.
Lionte et al., (2015) presented the results of a simulation performed using a 2D numerical model of
an AMR based on Gd parallel plates. Meddeb et al., (2015) reported a numerical study performed
for different operating conditions of a Gd-based AMR. A one-dimensional model was created by
Schroeder and Brehob, (2016) to determine the periodic steady-state cooling power of an AMR.
Pavlukhina et al., (2016) made a parametric three-dimensional heat-transfer study in order to
investigate the relaxation time of a regenerator consisting of microwires of a Ni2MnIn Heusler alloy.
The diameter of the magnetic wires was varied from 10 to 50 μm, while the length was fixed at 1
mm. The calculations showed that, depending on the fluid-flow velocity, the relaxation time varied
from approximately 0.6 to 2 ms. Trevizoli et al., (2016 c,d) made an experimental assessment of a
packed-bed active magnetic regenerator (AMR) composed of 0.55-mm Gd spheres subjected to a
rectified sinusoidal magnetic flux density in phase with a sinusoidal fluid-flow waveform. The
operating AMR frequency was set to 0.25, 0.5 and 1 Hz. Moreover, a mathematical model of the
AMR was developed and verified. The model took into account most of the losses that take place in
the AMR (including the demagnetizing losses), where the heat interaction with the external
environment and the presence of dead (void) volumes between each end of the regenerator and the
hot and cold heat exchangers was found to be the main factors that affect the AMR. Another study
was performed by Ezan et al., (2017), who applied a decoupled multiphysics numerical approach by
using a commercial CFD Ansys-Fluent, with incorporated user-defined functions. The analysis was
performed for a parallel-plate Gd AMR and a cooling system under different operating conditions.
You et al., (2017) investigated a two-dimensional numerical model with ANSYS Fluent for the
unsteady conjugate heat transfer of an AMR with Gd plates. Nakashima et al., (2018a,b)
experimentally and numerically investigated the influence of the flow-rate waveform and the mass
imbalance on the performance of AMRs based on packed-bed Gd.
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2.2.3.

Processing of regenerators

One of very important domains of research regards the processing of magnetocaloric materials into
different shapes with low viscous losses, improved thermal and magnetocaloric properties, as well
as a large heat-transfer surface. Moreover, the manufacturability and the mechanical stability are
two very important parameters that relate to the present and future work in magnetocalorics.
Despite the fact that gadolinium is a reference material, also from the point of view of
manufacturability, the results of Taskaev et al., (2015) show that severe plastic deformation
dramatically changes the thermodynamic properties of Gd. Namely, the large reduction in the
specific heat observed in the vicinity of the Curie temperature was suggested to be due to the
suppression of the magnetic contribution to Cp. The authors found the appropriate conditions for
annealing in order to restore the magnetocaloric properties of the previously cold-rolled gadolinium.
Another interesting and comprehensive experimental research work with Gd was carried out by
Trevizioli et al., (2017b). The authors first constructed stainless-steel samples with different
geometries: parallel-plate, pin array and a packed bed of spheres and after testing designed the
appropriate gadolinium regenerators.
Most of the recent work in processing regenerators relates to the use of La-based magnetocaloric
materials, especially due to their brittleness. Radulov et al., (2015) reported on cold processing into
polymer-bonded La(Fe,Mn,Si)13Hx thin plates. The authors applied two different methods: wire-saw
cutting and cold rolling. Furthermore, the corrosive behaviour of the plates in different heat-transfer
fluids was investigated. The adiabatic temperature change and the magnetic entropy change of the
plates were observed over a 7-month period in order to evaluate their applicability in a real device.
Bahl et al., (2017) processed and experimentally validated the magnetocaloric properties and the
AMR performance of tailored bonded plates made by hot pressing La0.85Ce0.15Fe11.25Mn0.25Si1.5Hy
particles and resin. The plates were prepared with 5 wt% resin, and from the density measurements
it was found that the volume ratio of the magnetocaloric material in the plates was 0.53, due to the
resin and porosity. The best operating conditions for the plate regenerator were determined, for
which a temperature span of 6.4 K was measured along the plates. The experimental validation of
the epoxy bonded regenerators of both spherical and irregular La(Fe,Mn,Si)13Hy particles was made
by Lei et al., (2018). A five-layer epoxy-bonded AMR using spherical La(Fe,Mn,Si)13Hy particles was
tested in a small reciprocating magnetic refrigerator. Radulov et al., (2017a) created and tested a
porous body regenerator from metal-bonded La(Fe,Mn,Si)13Hx powder. The authors concluded that
the metal coating of the particles significantly increases the corrosion resistance of the regenerator.
By bonding the metal-coated particles together, the mechanical stability of the regenerators is
increased and no sedimentation, segregation or channel building due to particles movement was
observed. The authors pointed out that the disadvantage is that the arbitrarily shaped
La(Fe,Mn,Si)13Hx particles can affect the channel structure of the porous body and can result in blind
or closed channels, which would limit the utilization of the regenerator. In another study Wenkai et
al., (2017) processed La–Fe–Si–H with indium as the binding material by hot pressing. Similar work
was performed by Liu et al. (2015), involving the hot-press bonding of Cu with a La-Fe-Si alloy.
Another work reports an improvement of the intrinsic brittleness and relatively low thermal
conductivity in La–Fe–Si–H alloys. Shao et al., (2017) proposed the fabrication of stable La–Fe–Si–
H blocks and plates by adding extra α-Fe as the reinforcing phase to enhance the mechanical
integrity. Much better bending strength compared to that in the stoichiometric composition was
observed in the samples, which also withstood 105 magnetic field cycles without losing their
mechanical integrity. The authors also reported on a reproducible ∆Tad with a thermal conductivity
of 6 W/mK. The powder extrusion and sintering of a magnetocaloric La–Ce–Fe–Mn–Si alloy into
well-ordered structures of the AMR was carried out by Wieland and Petzoldt (2017). Large efforts
were invested in processing magnetocaloric powders with metals, for instance, with Field's alloy
binders (Radulov et al., 2017b). Another interesting and very important study relates to the powderin-tube-processing of lanthanum compounds in a steel jacket-tube, which was reported by Funk et
al., (2018). Such solutions substantially improve the mechanical and chemical stability of the
magnetocaloric regenerator. Researchers are also focusing on methods to process magnetocaloric
regenerators via metallic additive manufacturing Lyubina, (2017b).
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Karpenkov et al., (2016) performed research on two methods for assembling Y2Fe17 rapidly
quenched ribbons into regenerators as stacked 100-μm-thick plates with 100-μm gaps: the first
method consisted of gluing rapidly quenched ribbons using thermos-conductive epoxy, while the
second method was focused on the sintering of stacked ribbons at a temperature of 30 K below the
melting point of the Y2Fe17 phase.
A particular domain of processing relates to wires made of a magnetocaloric material. An
experimental validation of Gd wires was conducted by Kondo et al., (2016). Work on producing
magnetocaloric wires was also published by Varga et al., (2015). They showed that it is possible to
produce glass-coated microwires based on Heusler alloys (NiMnGa- and NiMnInCo-based
microwires). According to the authors, the wires can be characterized by small dimensions (high
surface-to-volume ratio) and allow applications in a wide range of materials without any variation in
their mechanical properties, and insulating glass coating, which prevents the microwire from
chemical and electrical interactions with the surroundings and enhances the mechanical strength of
the Heusler-based metallic nucleus. Sheng et al., (2018) reported comprehensive experimental
research in which they designed different microwires of Gd20Ho20Er20Al20TM20 (TM=Fe, Co and Ni).
2.3.

Hydraulics

Besides the regenerators and the related viscous losses, today the hydraulic system is one of largest
burdens that restricts AMR-based devices from operating efficiently at high frequencies. Two main
types of hydraulic systems are being applied in magnetocalorics (Fig.2). In most systems that apply
an AMR, the magnetocaloric material is at rest (rotating or switching the magnetic field) or the AMR
is periodically exposed to a magnetic field provided by a static magnetic field source. Since the fluid
must oscillate through the regenerator, a bi-directional fluid-pumping system can provide the desired
fluid flow. In the case of a static regenerator, this can be done by displacement (hydraulic, pneumatic,
electro-magnetic or mechanical), a membrane pump or a peristatic pump. A tandem pump system
can also provide the oscillatory flow. Check valves or cam valves (Teyber et al., 2017a; Trevizoli et
al., (2016c) are, in such cases, a sufficient means to keep the system running. In the case of a static
regenerator, a unidirectional pump system can be applied as well. However, such a system requires
a valve system (rotary valve or assembly of, e.g., electromagnetic valves), which enables the
continuous operation of the pump while maintaining the oscillation of the fluid flow. In another case,
which relates to the movement of the regenerator in a static magnetic field source, the unidirectional
pump is supported by a valve system that includes rotary valves (Lozano et al., 2016; Nakashima et
al., 2018a) cam valves (Eriksen et al., 2015; Fortkamp et al., 2018 ) or electromagnetic valves (
Cardoso et al., 2016).

Figure 2: The main principles for the fluid propulsion in magnetocalorics
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One of the remaining problems regards the fluid-flow maldistribution in the AMR, which was also a
subject of earlier research; however, it can also be found as a topic in recent years (Dall'Olio et al,
2017, Trevizoli et al.,2018). Among the recent publications, it worth mentioning an interesting work
by Lionte et al. (2018), who proposed a concept that they call “the by-pass flow” and which enables
a continuous flow of fluid. The major problem still remains how to provide an efficient hydraulic
system for a higher frequency of operation, e.g., beyond 5 Hz, while maintaining the pressure and
the fluid control without dead volumes. Moreover, researchers should tend to find solutions that
enable a simplification in the direction of a unidirectional pumping system with simple and low-cost
valve systems. This is why the thermal rectification, described in a later section, is also an important
subject for future research.

2.4.

Magnetic field sources

The magnetic field source represents the heaviest and by far the most expensive part of the
magnetocaloric refrigerator or heat-pump system (Kitanovski et al., 2015a), R. Teyber et al., 2017b,
R. Teyber et al., 2018b). A full list of the research in the field of magnetic field sources up to 2015 is
presented in Kitanovski et al, (2015a,b). Since 2015, most of the work relates to the optimization and
design of the permanent-magnet assemblies based on a Halbach array. A comprehensive numerical
and experimental study on the design of a nested Halbach assembly was performed by Trevizoli et
al., (2015b). You et al. (2016a) presented the results of a numerical simulation of a multi-polar
Halbach cylindrical magnet. A numerical study on different design configurations for a rotary
permanent-magnet assembly was performed by Lorenz and Kevlishvili, (2017). An interesting study
was performed by Fortkamp et al., (2017), who presented the analytical solution for a concentric
two-pole Halbach cylinder. Celik and Kural, (2017) performed a numerical simulation on an octagonal
Halbach permanent-magnet assembly. Mira et al., (2017) numerically studied the influence of a
magnetic sample on the applied magnetic field inside the air gap of a magnetic circuit. For the
purpose of the study, different magnetic sources, including an electromagnet, a permanent magnet
in a soft ferromagnetic toroidal yoke, as well as 2D and 3D Halbach cylinders, were considered.
Additional work with regards to the optimization of the topology of magnetic field sources was
performed by Bjørk et al., (2017), Lee et al., (2017) and You et al., (2016a). Besides the research
on the design and optimization of magnetic field sources, researchers are also studying problems
that relate to rare-earth-based magnetic field sources. This relates to the problem of the supply chain
(De Almeida et al., 2017), the reduction of the rare-earth materials and the recycling of magnets
(Skokov and Gutfleisch, 2018; Diehl et al., 2018). As an answer to the aforementioned problems,
the team from the University of Ljubljana recently (Klinar et al, 2019) introduced an electromagnetic
field source with a rather high energy efficiency and the capability of operating at very high
frequencies, which is a consequence of a specially designed electronic circuit with a capacitor. The
present activities at the University of Ljubljana are the development of a rare-earth-free, hybrid and
static electric-permanent magnet assembly. The preliminary results show that such a magnetic field
source can, at a high frequency of the operation (e.g. >15 Hz) compete with the energy efficiency of
Nd–Fe–B-based rotary magnets. The authors believe that this finding opens up the future guidelines
for magnetic field sources in magnetocalorics. In Fig. 3, different types of magnetic field sources are
presented, most of which are the subject of theoretical or experimental research activities in the
domain of magnetocaloric energy conversion.
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Figure 3: The main types of magnetic field sources in magnetocalorics

Additionally to such types, the newest types, e.g., static hybrid magnets, are added. The notation
LR+C relates to the magnetic circuit, which comprises the capacitor.
2.5.

Thermal rectification

It is well known today that the concept of active magnetic regeneration cannot lead to a high
frequency of operation (e.g., above 5 Hz while maintaining the desired and high energy efficiency)
due to the limits of heat transfer and high viscous losses. It is also clear that magnetic refrigeration
and heat pumping, as an alternative to most applied refrigeration and heat-pump applications, need
to represent not only energy efficient, but substantially more compact devices. This is why the
concept of a thermal diode or thermal switch should be applied in magnetocalorics near room
temperature. A comprehensive review of the potential applications for thermal diodes and thermal
switches can be found in Kitanovski et al., (2015a). In the magnetocaloric community, several
researchers are today involved in finding appropriate solutions. Since 2015, researchers have
performed work by investigating the implementation of thermal diodes through the application of
Peltier modules (De Vries and Van der Meer, 2017; Monfared 2017; Lu et al., 2019) . A theoretical
study was performed by Wu et al., (2018), who performed the numerical simulation for a solid-state
magnetic refrigerator. Some of the recent studies relate to the application of nanofluid switches
(Puga et al., 2017) and the heat-pipe principle (Bartholomé et al., 2017). A solid-solid interface
thermal rectification was theoretically studied by Zhang et al., (2016). Lei et al., (2017) performed a
numerical and experimental study in order to evaluate the potential mechanisms of magnetohydrodynamic (MHD) convection to be applied in magnetic refrigeration.
Despite the range of research that is ongoing with different activities, most researchers in the
magnetocaloric community still did not touch this very important subject as the future solution.
However, a large number of activities in the field of thermal rectification can be found in other
domains of research, including other types of caloric technologies. The most recent and the most
comprehensive review of thermal rectification can be found in Wehmeyer et al.,(2017). Below in Fig.4
we denote the three main areas in which mechanisms for thermal rectification, which should be the
subject of future research activities in magnetocalorics, are presented. The solid-state rectification
relates to solid-state principles, which can be electrically, magnetically or thermally actuated. Many
of these mechanisms are based on the nano-engineering of future functional materials. The
mechanical actuation is mostly the contact switches, which may also efficiently operate on a very
small scale. At the moment, the most promising mechanisms are fluidic thermal switches, most of
which can also be considered a part of the rapidly developing domain of microfluidics.
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Figure 4: The main types of thermal rectification mechanisms

2.6.

Prototypes and devices

By 2015, about 70 conceptual experimental magnetocaloric devices had been developed worldwide
(Kitanovski et al, 2015a,b), and since then a number of new prototypes, being presented in this
article, were investigated. One of the latest reviews of magnetocaloric devices can be found in the
publications of Trevizoli et al., (2016) or Zimm et al., (2018). The lifetime cost analysis and the lifecycle assessment were studied by Bjørk et al., (2016) and Luglietti et al., (2017).
Mahdy et al., (2015) from the Technical College and UOT Baghdad, Iraq, developed a
magnetocaloric testing device, consisting of a Halbach permanent-magnet assembly. In Korea, Lee
(2015) developed a small AMR refrigeration apparatus with a permanent-magnet array. Velázquez
et al., (2016) from the University of Zaragoza, Spain, designed and tested a reciprocating
magnetocaloric device, consisting of a Halbach permanent-magnet assembly. In Poland, Kolano et
al., (2016) presented the design and performance of a reciprocating experimental magnetocaloric
device consisting of a 0.8-T permanent-magnet assembly. In Sweden, Monfared (2018) reported on
a comprehensive study by numerical simulations and the experimental validation of the performance
of regenerators for a rotary magnetic refrigeration device. The device was, for the first time,
presented in an international journal.
Since many of the existing devices are being improved over recent years, it is in some cases difficult
to distinguish between publications that report on a new prototype and those that are related to its
improvement or experimental work under different conditions. For this reason the following text
relates to the work of particular groups. A large number of activities are from the groups at the
universities of Salerno and Napoli, Italy. Aprea et al. ,(2015c) reports on experiments and testing of
the previously reported geothermal rotary permanent-magnet magnetic refrigerator with a maximum
no-load cooling power of 190 W and the highest COP of 2.2, and a cooling power of 100 W at a
temperature span of 6 K with a corresponding COP of 0.6. Aprea et al., (2016c) additionally report
on a comprehensive investigation of the energy performance of a prototype device. The same group
(Aprea et al., 2017c) implemented artificial neural networks in order to maximize the performance of
a rotary magnetic refrigerator. A group of institutes from Parma, Bologna and Rimini in Italy (Albertini
et al., 2017) report on a preliminary study of a rotary magnetocaloric refrigerator prototype, consisting
of four static AMRs and a rotor consisting of two permanent-magnet assemblies. In France, Lionte
et al., (2018) report on numerical simulations and tests on a specially designed rotary magnetic
refrigeration experimental device. The group from DTU, Denmark, reported (Fortkamp et al., 2018)
on the modification of a rotary magnetic refrigeration device in order to perform experiments of
different fluid-flow profiles in rotary beds. In another publication Lei et al., (2018) described a
reciprocating testing device that was used for the experimental evaluation of AMRs. Johra et al.,
(2018) report on a numerical evaluation of a magnetic heat pump (part of the Danish project
ENOVHEAT: http://www.enovheat.dk/) which can be integrated into a single hydronic loop, including
a ground-source heat exchanger and a radiant under-floor heating system. The magnetic heat-pump

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

96

system design and its numerical evaluation were presented in Johra et al., (2019). The Brazilian
prototype developed and reported by Lozano et al., (2016) from the group of the Federal University
of Santa Catarina provided a cooling power of 80.4 W for a temperature span of 7.1 K, with the
corresponding COP = 0.54. The performance evaluation of the system was additionally presented
by Capovilla et al., (2016). Trevizoli et al., (2017b) reported on experiments with different porousmatrix geometries for active magnetic regenerators, where they obtained a COP of 1.9 for a cooling
power of 7 W and a temperature span of 6 K. At the University of Victoria, Canada, Niknia et al.,
(2016) performed a numerical and experimental analyses (on a previously reported device) in order
to study the impact of losses on the performance of the magnetic refrigerator. Another group from
the Université de Sherbrooke reported on a numerical sensitivity analysis of magnetic refrigeration,
which included a multi-objective optimization by applying a genetic algorithm. In the USA, groups of
researchers (Benedict et al, 2017a) from the General Electric Appliances, University of Florida, and
University of Louisville reported on the experimental impact of magnet and regenerator design on
the refrigeration performance, by using an existing rotary magnetic refrigeration device. In another
study, the evaluation of the existing prototype, operating as the heat pump, was evaluated (Benedict
et al, 2016). The same group performed a study on the engineering view of the impact of
magnetocaloric properties on refrigeration performance and machine design (Benedict et al, 2017b).
The group from California State University reported (Bernal et al., 2016) on the testing of a
reciprocating device for AMRs, consisting of an N52 magnet with a magnetic field strength of
approximately 0.9 Tesla. The same year, another work was presented by the California Baptist
University (Abdelmessih et al., 2016), which looks at the design and preliminary experiments for a
magnetic cooling apparatus, consisting of a 1-T permanent-magnet assembly with the movement of
the magnetocaloric regenerator by applying a high torque servo motor. In China, a group of
researchers (Gao et al., 2016) from the Chinese Academy of Sciences, Hebei University of
Technology and the University of Technology Beijing published a very interesting study on a hybrid
Stirling-magnetocaloric prototype device. The modelling of a room-temperature magnetocaloric
cooling system in MATLAB Simulink was presented by the group from the Xi'an Jiaotong University
(Qian et al., 2018). A compact experimental apparatus from tests on magnetocaloric wires was
presented in a publication of Kondo et al., (2016) from Fujikura Corporation. The authors are aware
that many of the research activities are ongoing in Japan with regard to the prototyping of devices
and within national projects. In the following years we will certainly witness a number of different
publications. The group of researchers (Ezan et al., 2016) from Dokuz Eylul University, Ege
University, Yasar University, and Izmir Institute of Technology, Turkey, performed a numerical
modelling of a magnetic cooling system by implementing Ansys Fluent software. From the same
universities, the researchers (Ekren et al., 2017) developed a magnetic refrigerator experimental
device, consisting of a linear motion system and a pair of 0.7-T permanent-magnet assemblies.

3. CONCLUSIONS
Fig. 5 presents a rather speculative view of the future developments of magnetocaloric refrigeration
and heat pump technology. The ideal power denoted in the Fig.5 (left) shows the refrigeration
capacity as presented in Section 2.1.4. as the enthalpy difference during the isothermal
demagnetization process of a range of magnetocaloric materials, multiplied by the frequency of the
operation. If the development continues, we will see a dramatic change in magnetocaloric devices,
capable of working at high frequencies. This relates to new approaches in engineering, such as the
embodiment of magnetocaloric materials with thermal rectifiers. Such solutions do not require an
oscillatory fluid flow; therefore, a simplification of the pumping systems can be expected. Moreover,
the most recent developments in finding rare-earth-free static hybrid magnetic field sources will not
only enable a very high frequency of the operation, but will also lead to a substantial cost reduction
and an improvement of the technology’s environmental footprint.
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Figure 5: The magnetocalorics: the present, tomorrow, and the future

The long-term future of magnetocaloric devices, especially with the development of the
nano-engineering domain, could lead to fully embodied systems with integrated magnetic
field sources. For such developments, the required research activities are shown in fig.5
(right). These are, in some cases, completely new approaches, which do not necessarily
rely on existing research achievements. K.A.Gschneidner, at the unveiling of the prototype
at the Astronautics Technology Center in Madison, Wisconsin, on February 20, 1997,
remarked that “To those that have been and are working in the field: the limitations of
magnetic refrigeration are only in the minds of the individual engineers and scientists”.
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ABSTRACT  
Refrigeration   industry   is   facing   stronger   regulation   related   to   the   use   of   refrigerants.   Secondary  
refrigeration  is  a  technology  that  can  divide  up  to  a  factor  10  the  amount  of  refrigerant  contained  in  
a   system.   In   order   to   make   the   system   more   efficient   the   use   of   diphasic   fluids   is   an   interesting  
solution.   Four   types   of   phase   change   material   (pcm)   slurries,   ice   slurries,   pcm   emulsion,  
encapsulated   phase-change   materials,   hydrate   slurries   can   be   suitable   for   many   refrigerating  
applications.  Currently  the  industrial  use  of  these  diphasic  secondary  refrigerants  is  uneven  due  to  
their   readiness   level.   This   paper   presents   for   each   fluid   the   generation   process,   their   industrial  
deployment  and  the  issues  hampering  their  development.  
Keywords:  Slurry,  Hydrates,  Ice,  Emulsion,  Encapsulation.  

1.   INTRODUCTION  
Refrigeration  industry  is  directly  affected  by  the  phasing  down  of  HFC  refrigerants.  Indeed,  the  EU’s  
F-GAS  regulation  phasing  down  the  use  of  HFCs  has  led  the  profession  to  propose  alternative  fluids.  
In  this  context,  new  HFO-type  fluids  are  being  marketed  and  there  is  an  increased  use  of  so-called  
natural  fluids,  CO2,  NH3  and  hydrocarbons.  Nevertheless,  the  latter  may  be  subject  to  high  safety  
constraints  due  to  their  risk  of  explosion  or  toxicity.  Any  innovative  technology  that  minimizes  the  
use  of  refrigerant  is  expected  to  fulfil  environment  purposes  as  soon  as  its  efficiency  is  not  altered.  
Then,  secondary  refrigeration  becomes  an  interesting  alternative  as  the  cooling  unit  can  be  confined  
in  the  engine  room  which  allows  a  significant  reduction  of  the  refrigerant  mass  and  an  environment  
friendly  fluid  delivers  the  cold  to  the  place  of  use.  On  the  other  hand,  this  solution  is  more  energetic  
due  to  the  presence  of  an  intermediate  heat  exchanger  and  circulation  pumps  that  creates  exergetic  
losses  (Guilpart  et  al.  2006).  Despite  these  disadvantages  secondary  refrigeration  is  widely  used  for  
air  conditioning  with  chilled  water  and  is  gradually  developing  in  the  commercial  cold  sector.  More  
recently,  the  development  of  secondary  diphasic  fluids,  such  as  ice  slurries,  hydrate  slurries  or  PCM  
(Phase   Change   Materiel)   slurries   suggests   a   new   alternative   for   industrial   cold   applications.   This  
paper  aims  at  comparing  the  different  types  of  diphasic  fluids,  their  generation,  their  development  
and  the  issues  encountered  with  these  fluids.    

2.   SECONDARY  REFRIGERATION  
Secondary   refrigeration   is   a   very   well-known   technology   commonly   used   for   air   conditioning  
applications.  It  consists  in  a  primary  refrigeration  system  containing  the  refrigerant  and  a  secondary  
loop  containing  the  “secondary  fluid”  (Figure  1).  This  technology  allows  to  divide  by  up  to  a  factor  
10  the  mass  of  primary  refrigerant.  This  possibility  is  well  adapted  to  the  strong  regulation  related  to  
the  phasing  down  of  the  HFC  fluids,  and  provides  the  ability  to  use  some  flammable  fluids,  as  natural  
fluids  or  HFO.  Furthermore  in  case  of  further  regulation  on  fluids,  the  retrofitting  of  the  system  will  
be  easier.  The  secondary  fluid  can  be  of  any  kind  as  soon  as  it  has  the  right  properties  to  deliver  the  
best   efficiency.   For   example,   the   fluid   should   have   good   thermal   properties,   (consistent   with   the  
application  temperature,  high  thermal  capacity,  high  thermal  conductivity,  low  viscosity),  nontoxic,  
nonflammable,   environmentally   friendly,   non-corrosive   and   should   be   inexpensive.   Then   many  
aqueous  mixtures  are  available,  containing  salts  or  alcohols  or  even  ammonia.  Among  all  possible  
mixtures,  there  is  certainly  no  ideal  solution,  but  one  or  more  solutions  that  respond  to  a  compromise  
between  all  properties  depending  on  the  application.  A  huge  collection  of  data  has  been  provided  by  
(Melinder,  1997)  which  is  a  very  good  support  in  the  selection  of  the  fluid  for  the  application.  
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Figure  1:  Secondary  refrigeration.  

Nether  the  less,  the  addition  of  a  heat  exchanger  between  the  primary  fluid  and  the  secondary  fluid  
degrades  the  energy  and  produces  exergetic  losses.  Furthermore,  in  the  case  of  direct  expansion,  
the  compression  of  the  refrigerant  drives  the  fluid  towards  the  evaporator.  In  the  case  of  secondary  
refrigeration,   a  pump  must  be  added  on  the  secondary  fluid  side  to  reach  each  terminal  unit  and  
therefore  consumes  energy.  
The  use  of  secondary  refrigerants  with  high  energetic  capacity  is  a  valuable  solution  to  face  these  
exergetic   losses.   Indeed,   they   take   advantage   of   the   additional   latent   heat   of   the   PCM   in   the  
secondary  refrigerant  for  cold  energy  distribution  to  the  terminal  units.  In  fact,  phase  change  energy  
(latent  heat)  is  much  higher  than  that  of  sensible  heat  during  temperature  raise.  For  example,  the  
heat  exchanged  by  1  kg  of  water-glycol  mixture  with  a  temperature  glide  of  5  K  is  about  5  times  less  
than  that  contained  in  the  same  water-glycol  mixture  containing  30%  of  ice.  
The  liquid-vapor  fluids  can’t  be  selected  as  the  density  difference  between  the  2  phases  is  very  large  
and  not  convenient  for  secondary  systems.  So  solid-liquid  fluids  will  be  here  after  discussed.  There  
are  several  types  of  diphasic  solid-liquid  fluids,  also  called  slurries  that  can  be  used  for  secondary  
refrigeration  (Youssef  et  al.,  2013).  Two-phase  secondary  refrigerants  cover  a  wide  range  of  phase-
change  fluids  and  can  be  divided  into  four  sub-groups  ( Figure  2):  (a)  ice  slurries;;  (b)  emulsion;;  (c)  
encapsulated  phase-change  materials;;  (d)  hydrate  slurries.  
  
  
  
  
  

  
Figure  2:  photograph  of  slurries  (a)  ice  slurry,  (b)  pcm  emulsion,  (c)  encapsulated  pcm,  (d)  hydrate  
slurry.  

  

Currently,  two-phase  secondary  refrigerant  slurries  are  not  widely  used.  Apart  from  ice  slurries  for  
applications   below   0   °C,   only   hydrate   slurries   have   been   used   in   industrial   applications.   In   the  
following  section  details  about  each  PCM  slurry  will  be  given,  such  as  the  generation  process,  their  
use  and  the  issues  encountered  with  these  fluids.  The  temperatures  in  the  scope  of  the  study  range  
from  -40  °C  to  10  °C.    
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3.   PCM  SLURRIES  
In  the  literature  few  articles  presents  a  review  on  different  Phase  Change  Slurry  (PCS)  systems  that  
can   be   used   at   positive   temperatures   (Delgado   et   al.   2012),(Zhang,et   al.   2010).   There   are   many  
reviews   on   each   PCS   system,   as   ice   slurry   (IS),   microencapsulated   phase   change   slurry   (MS),  
clathrate  hydrate  slurry  (HS),  phase  change  material  emulsions  (E)  (Figure  3).  This  paper  will  firstly  
give  the  definition  of  each  type  of  PCS,  then  the  generation  process,  their  industrial  development  as  
well  as  the  major  issues  of  the  slurries  to  face  industrial  development    

.

  
Figure  3:  Different  kinds  of  slurries  (Harald  and  Cabeza  2008).  

3.1.  Type  
3.1.1.  Emulsion  
Emulsions  are  two-phase  liquid-liquid  systems,  where  one  liquid  (disperse  phase)  is  dispersed  in  
another  (continual  phase)  in  the  form  of  droplets.  Two  types  of  emulsions  are  mainly  distinguished,  
depending  upon  which  kind  of  liquid  forms  the  continuous  phase:    
•   Oil-in-water  (O/W)  for  oil  droplets  dispersed  in  water    
•  
Water-in-oil  (W/O)  for  water  droplets  dispersed  in  oil  
In  the  case  of  PCM,  the  emulsion  (PCE)  is  a  mixture  of  the  solution  and  a  phase  change  material  
(PCM)  (Shao  et  al.,  2015).  PCM  is  directly  dispersed  in  water  and  generally  paraffin  wax  is  used  as  
pcm  medium.  Paraffin  is  a  well-known  PCM,  as  it  has  suitable  properties  for  the  application,  is  safe,  
reliable,  inert  and  non-corrosive.  But  they  have  some  undesirable  properties  such  as  low  thermal  
conductivity  and  are  flammable  and  not  environmentally  friendly  material.  Paraffin  wax  has  also  the  
main  advantage  to  show  little  volume  changes  on  melting  (Sharma  et  al.,  2009)  and  to  release  a  
high  amount  of  latent  heat.  Paraffin  waxes  consist  in  n-alkanes  CH3-(CH2)  n-CH3.  The  longer  the  
n-alkane  chain  the  higher  the  melting  point  and  the  latent  heat.  Then  this  mixture  is  more  suitable  
for  air  conditioning  application  for  a  temperature  range  around  10  to  20  °C  than  for  refrigeration.  For  
example,   the   kind   of   paraffin   that   can   be   used   is   tetradecane   (Tm=5.9   °C,   L=227   kJ.kg-1),   or  
pentadecane  CH3-(CH2)13-CH3  (Tm=10  °C,  L=206  kJ.kg-1)  and  hexadecane  CH3-(CH2)14-CH3  
(Tm=18  °C,  L  =236  kJ.kg-1).  As  the  cost  of  pure  paraffin  is  very  high,  products  with  polymers  blends  
such  as  RT6,  RT10  and  RT18  from  Rubitherm  Technologies  GmbH,  which  have  similar  properties  
as  pure  paraffin,  are  preferred.  By  mixing  different  paraffin,  melting  points  between  those  of  pure  
paraffin  can  be  obtained   [(Bo  et  al.,  1999),  (Choi  et  al.  1992),  (Kousksou  et  al.,  2010)].    
    3.1.2.  Microencapsulated  Slurry  
Microencapsulated  slurries  consist  in  encapsulating  or  trapping  PCM  in  any  way  to  form  particles.  
When  encapsulating,  a  fin  film  forms  the  microcapsules.  When  stabilized,  the  PCM  is  enclosed  in  a  
support   material   with   a   cross   linked   structure   to   form   the   stabilized   PCM.   Both   are   suspended   in  
water  to  form  the  slurry.  
The  PCM  contained  in  the  particle  is  usually  Paraffin,  as  its  swelling  during  phase  change  is  small,  
and  the  enthalpy  is  high  enough  for  the  use.  
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3.1.3.  Ice  Slurry  
Ice  slurries  consist  in  small  ice  particles  (around  100   m)  dispersed  in  an  aqueous  solution.  The  ice  
particles  are  formed  while  decreasing  an  aqueous  mixture  below  its  freezing  point  temperature.  Then  
the  carrying  fluid  and  the  phase-change  material  are  identical  (e.g.  water-ice  system).The  lower  the  
temperature,  generated  is  organic  or  non-organic.  The  initial  additive  concentration  will  define  the  
phase  change  temperature  of  the  mixture.  Ice  slurries  are  very  attractive  due  to  their  high  energetic  
density  related  to  the  latent  heat  of  the  ice  crystals  which  is  333  kJ.kg-1,but  there  are  more  efficient  
at  temperature  below  0  °C.  
3.1.4.  Hydrate  Slurry  
Gas  hydrates  are  crystalline  compounds,  similar  to  ice,  are  composed  of  water  and  guest  molecules  
(gas   or   liquids).   They   are   generally   formed   under   high   pressures   and   low   temperatures.   Water  
molecules  (host  molecules)  form  a  lattice  structure  and  gas  molecules  (guest  molecules)  occupy  the  
interstitial  vacancies  of  the  lattice.  The  gas  hydrate  has  mainly  one  of  the  following  structures  (Sloan,  
1998):  cubic  structure  I  (SI),  cubic  structure  II  (SII)  or  hexagonal  structure  H  (SH).  A  gas  hydrate  is  
called   "simple   hydrate"   when   it   contains   one   type   of   guest   molecules   and   mixed   hydrate   when   it  
contains  many  types  of  guest  molecules.    
Semi   clathrate   hydrates   of   quaternary   salts   (Dyadin   and   Udachin,   1984;;   Jeffrey   and   McMullan,  
1967),)  like  TBAB  (Tetra-n-butylamonium)  can  also  form  with  water.  In  these  hydrates,  some  cages  
are  broken  to  encage  big  guest  species  such  as  TBAB,  and  water  molecules  of  the  structure  are  
partially  replaced  by  the  atoms  of  guest  species.  
3.2.  Generation  
All   kinds   of   PCM   slurry   presented   above   are   usually   used   for   secondary   refrigeration.   The   basic  
architecture   of   the   system   consists   in   generating   the   slurry   with   a   refrigeration   unit   via   a   heat  
exchanger.  In  the  case  of  emulsion  or  encapsulate  slurry,  the  pcm  “particles  freeze,  but  for  hydrate  
or  ice  slurries  crystals  form  in  the  carrying  liquid.  The  fluid  is  then  pumped  towards  the  terminal  units.  
Then   at   that   point,   the   PCM   in   the   carrier   fluid   delivers   the   cooling   flux   by   latent   heat   in   a   heat  
exchanger.   The   design   of   the   refrigeration   loop   defines   the   PCM   content   necessary   to   face   the  
cooling  demand  of  the  users.  Finally,  in  order  to  make  the  system  more  efficient,  a  thermal  storage  
tank  is  frequently  associated.  The  best  efficiency  is  obtained  when  storing  energy  in  a  tank  during  
night  time,  as  the  COP  is  higher  and  release  energy  at  peak  hours  during  daytime  (Kauffeld  et  al.,  
2005).  Another  benefit  of  the  storage  is  the  downsizing  of  the  refrigeration  unit,  and  also  it  gives  the  
possibility  to  face  heat  waves.  
3.2.1.  Emulsion  
Generation  of  emulsions  is  a  well-known  process  (Shao  et  al.  2015).  Indeed,  water  and  paraffin  are  
not  miscible  fluids.  Therefore  some  emulsification  process  must  be  performed  to  obtain  an  emulsion.  
Since   the   emulsification   of   two   unmixable   liquids   involves   a   high   rise   in   the   surface   energy,  
emulsions  are  not  stable  and  a  third  component  is  needed  to  stabilize  the  system.  Surfactants  are  
indispensable  components  used  for  oil  and  water  based  emulsions.  Although  emulsification  process  
can  be  carried  out  by  2  types  of  process:  High-energy  method  or  low-energy  method.  High  energy  
methods  usually  involve  mechanical  energy  as  high-pressure  homogenizers,  high-shear  stirrers,  and  
ultrasound   generators   to   break   large   droplets   into   small   ones.   Those   have   the   advantage   of  
providing   reproducible   pcm   droplet   size   emulsions   (McClements,   2011).   Emulsion   can   also   be  
obtained   by   using   Phase   Inversion   Temperature   PIT   (Schalbart   et   al.,   2010),   which   changes   the  
curvature  of  the  surfactant.  It  provides  smaller  droplets  and  is  cheaper  to  produce.  
The  emulsion  properties  as  droplet  size  distribution  or  rheological  properties  are  highly  depending  
on  the  choice  of  the  emulsifier  and  its  concentration  and  their  formation  process.  
3.2.2.  Microencapsulate  Slurry  
Microencapsulate   slurry   here   includes   both   pcm   that   is   trapped   in   a   shell   as   well   as   the   shape  
stabilized  slurries.    
Encapsulation  is  a  process  of  covering  the  PCM  with  a  suitable  coating  or  shell  material.  A  primary  
purpose  of  encapsulation  is  holding  the  liquid  and/or  solid  phase  of  the  PCM  and  keeping  it  isolated  
from   the   surrounding.   Microencapsulation   techniques   have   been   well   developed,   mainly   by   the  
pharmaceutical  industries  (Egolf  et  al.,  2003).  Microencapsulation  can  be  spherical  or  rod-shaped  
particles  and  are  made  using  a  thin  and  high  molecular  weight  polymeric  film.  

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

111

Stabilized   slurries   for   which   the   phase-change   material   is   retained   inside   porous   particles   of  
suspensions  in  a  non-water-miscible  carrying  liquid.  For  example  (Royon  et  al.,  2009)  has  proposed  
particles   containing   a   water   concentration   near   close   to   90%.   Water   is   introduced,   by   using   a  
chemical  process,  inside  a  three-dimensional  network  of  polymer  to  form  PCM  particles.  
Some  other  stabilized  slurry  can  be  obtained  by  mincing  stabilized  paraffin  (Ionescu  et  al.,  2007).    
3.2.3  Ice  Slurry  
An   ice   slurry   generator   is   necessary   to   produce   ice   slurries,   the   use   of   a   heat   exchanger   is   not  
sufficient.  Generally  the  aqueous  solution  is  cooled  with  a  chiller,  and  the  water  freezes  on  a  cold  
surface.  Scrapers,  as  rotating  blades  or  brushes  to  remove  the  ice  layer  from  the  surface.  The  ice  
crystals   are   then   driven   by   the   slurry   flow   and   further   crystallization   occurs   in   the   fluid   with   the  
generation  of  fine  crystals  in  the  fluid.  The  amount  of  ice  produced  in  the  system  is  determined  by  
the  initial  additive  concentration  and  the  final  temperature  of  the  fluid.  By  lowering  the  temperature,  
the  ice  content  increases  and  the  additive  concentration  in  the  fluid  increases.  Scraped  surface  heat  
exchangers  are  the  most  widely  used  generators  in  industry,  but  some  other  types  as  vacuum  ice  
generator  and  subcooling  generator  can  also  be  encountered  ( Figure   ).  The  first  one  is  based  on  
the   properties   of   the   triple   point   of   water,   where   the   3   water   phases   (ice,   liquid   and   gas)   are   co-
existing.  The  water  is  contained  in  a  tank  under  a  pressure  of  6  mbar  at  0  °C.  The  water  vapour  is  
extracted   and   water   freezes   in   the   tank   to   form   the   ice   slurry   at   0   °C.   In   the   case   of   subcooling  
generator,  water  is  cooled  few  degrees  below  0  °C,  and  a  mechanical  or  thermal  shock  converts  
water  into  ice.  A  new  generator  has  appeared  recently,  called  hydroscraped  heat  exchanger.  There  
are  2  plate  heat  exchangers  in  parallel.  The  ice  slurry  is  produced  while  flowing  through  one  of  the  
heat  exchangers.  A  pressure  gauge  controls  the  pressure  drop  between  the  inlet  and  the  outlet  of  
the  fluid.  When  it  becomes  too  high,  the  flow  is  deviated  to  the  other  heat  exchanger  and  so  on.    
3.2.4.  Hydrate  slurry  
Gas  hydrate  slurries  have  the  advantage  of  being  able  to  form  without  mechanical  parts.  Indeed  the  
aqueous   solution   containing   gas   is   cooled   until   it   reaches   the   equilibrium   state   (temperature   and  
pressure)  where  hydrate  crystals  appear  in  the  aqueous  solution  to  become  slurry.  
In  the  case  of  salt  hydrates  slurries,  the  generation  is  similar  to  that  of  ice  slurries.  Then  scraped  
heat-exchanger  or  plate  heat  exchangers  are  used.  
3.3.  Use  
3.3.1.  Emulsion  
The  use  of  PCM  emulsion  for  secondary  refrigeration  is  based  on  the  following  cycle.  The  “warm”  
emulsion   containing   liquid   pcm   droplets   in   water   flows   through   a   heat   exchanger   (generally   the  
evaporator  of  a  refrigerating  unit)  to  cool  the  emulsion.  The  heat  flux  must  be  sufficient  to  freeze  the  
pcm  droplets.  Then  the  emulsion  is  pumped  towards  the  terminal  units.  At  this  location,  the  emulsion  
provides   cooling   energy   as   the   PCM   droplets   melt   in   a   warmer   environment.   Then   the   melted  
emulsion  is  cooled  again  to  freeze  and  starts  a  new  cycle.  
Currently,  most  emulsions  are  in  the  development  stages  and  therefore  there  are  no  publications  
related   to   their   application   at   industrial   level.   Many   test   rigs   have   been   developed   mainly   for   air  
conditioning   in   a   test   room   or   in   an   office.   They   prove   to   give   efficient   results   concerning   the  
efficiency  of  the  process(Inc  L.T.D,  2006).  It  is  however  widely  agreed  that  they  have  great  potential  
as  cold  storage  material  and  heat  transfer  fluid  for  heating  and  cooling  systems.  Some  lab  tests  have  
been  carried  out  generally  for  the  air  conditioning.    
3.3.2.   Microencapsulate  Slurry  
Similarly  to  emulsions  microencapsulate  slurry  have  no  industrial  nor  commercial  applications  using  
these  fluids.  They  are  often  incorporated  in  gypsum  board,  plaster,  and  concrete  used  in  buildings,  
but  not  as  slurry.  
  
3.3.3.  Ice  Slurry  
The  major  interest  in  using  ice  slurries  is  the  high  energy  content  of  the  fluid.  Indeed,  the  latent  heat  
of  ice  is  333  kJ.kg -1,  so  the  energy  contained  in  the  ice  slurry  with  30%  ice  content  is  about  5  times  
higher  than  that  contained  in  a  single  phase  fluid  submitted  to  a  temperature  glide  of  5  K.  

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

112

Ice   slurries   are   industrially   developed   all   over   the   world,   but   the   most   important   application   is   in  
Japan,  and  in  Asia  where  the  climatic  conditions  and  the  cost  of  energy  promotes  thermal  storage  
by  latent  heat.  So  in  these  countries,  ice  slurry  is  produced  and  is  immediately  stored.  The  liquid  
phase  of  the  slurry  which  temperature  is  below  0  °C  is  then  pumped  towards  the  terminal  units.  
In   contrary   in   Europe,   ice   slurry   is   pumped   towards   the   terminal   units   through   pipes   and   heat  
exchangers.  The  ice  concentration  of  the  slurry  at  the  outlet  of  the  generator  should  remain  below  
30  %  to  ensure  flow  assurance  in  the  pipes  and  the  velocity  must  be  higher  than  1  m.s-  1  to  maintain  
the  homogeneity  of  the  fluid.    
Finally,  in  the  fishing  industry,  ice  slurry  made  from  sea  water  are  widely  used  to  cool  and  preserve  
fish.  
  
Scrapped  surface  heat  
Vacuum  ice  
exchanger  

  
Subcooling  

  

  

  

Hydroscraped  

Figure  4:  Different  types  of  ice  slurry  generators.  

  

3.3.4.  Hydrate  Slurry  
Currently,   in   the   case   of   gas   hydrate,   only   CO2   gas   hydrate   slurries   are   used   as   secondary  
refrigerants   (Fournaison   et   al.,   2004).   The   properties   of   this   slurry   are   very   interesting   as   its  
dissociation  enthalpy  is  500  kJ.kg-1.  As  a  result,  CO2  hydrate  slurries  can  contain  and  carry  large  
energy  quantities  ((Fournaison  et  al.,  2004),  (Marinhas  et  al.,  2006).  Also  CO2  hydrate  phase  change  
temperature  can  be  adapted  between  0  and  20  °C  depending  on  the  gas  pressure.  Therefore,  it  can  
be   used   for   both   refrigeration   and   air   conditioning.   However,   the   use   of   CO2   hydrates   in   cooling  
systems  requires  formation  pressure  higher  than  1  MPa.  The  developing  state  of  this  technology  is  
still  at  a  pilot  level  in  laboratories.  
Semi   clathrate   hydrates   of   quaternary   salts,   asTetra-n-butylammonium   bromide   (TBAB)   hydrate  
form   at   atmospheric   pressure   (Lin   et   al.,   2014).   TBAB   hydrate   slurries   were   studied   due   to   their  
potential  suitability  for  air-conditioning  applications  (stable  between  273  and  285  K).   Nevertheless,  
the  generation  of  TBAB  hydrate  slurries  could  have  the  same  drawbacks  as  ice  slurries  related  to  
the  use  of  mechanical  generators.  Moreover,  the  dissociation  enthalpy  of  TBAB  hydrate  (~200  kJ.kg-
1
)   (Mayoufi   et   al.,   2011)   is   lower   than   that   of   ice   (333   kJ.kg-1).   This   kind   of   hydrate   slurry   is   well  
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developed   and   has   industrial   plants   for   air   conditioning.   (Ogoshi   and   Takao,   2004)   have   shown  
30%power  consumption  less  with  this  system  compared  to  chilled  water  system.  

  

  

Figure  5:  Power  consumption  for  chilled  water  system  and  CHS  system  (Ogoshi  and  Takao,  2004).  

3.4.  Issues  
For   all   the   slurries   the   online   energy   measurement   is   a   technical   lock.   The   issue   is   different   for  
emulsion   and   encapsulated   slurry   than   for   ice   or   hydrate   slurry.   Indeed,   for   the   first   two   slurries,  
when  the  fluid  is  warm,  the  pcm  particles  are  liquid  and  become  solid  when  they  freeze.  The  solid  
content  remains  the  same  whatever  the  pcm  state  and  it  is  very  difficult  to  determine  the  amount  
frozen  PCM  in  a  particle.  In  the  case  of  hydrate  or  ice  slurries,  when  the  fluid  is  warm,  there  is  no  
solid  content.  In  this  case,  the  energy  content  can  be  calculated  with  2  parameters:  initial  additive  or  
gas  concentration  and  the  fluid  temperature.  The  result  is  accurate  when  both  the  concentration  and  
the   temperature   are   known   precisely.   Some   energy   content   online   sensors   based   on   the  
measurement  of  density,  calorimetry,  spectrometry,  pressure  drop,  sound  velocity  have  been  tested  
but  none  are  both  cheap  and  accurate  (Fournaison  et  al.,  2001).  The  development  of  slurries  is  also  
hampered  by  other  technical  issues.  
3.4.1.  Emulsion  
The   main   barrier   affecting   the   use   of   emulsion   is   their   stability   over   time   and   after   freezing   and  
melting  cycles.  Their  stability  over  time  depends  on  the  right  choice  of  surfactants  in  order  to  maintain  
surface   energy   sufficient.   Usually,   more   than   one   surfactant   is   introduced   in   the   water   paraffin  
mixture.  The  proportion  of  each  additive  is  important  for  both  the  stability  over  time  and  the  size  of  
the   paraffin   droplets,   which   also   have   an   effect   on   the   subcooling   degree.   The   subcooling   effect  
should  be  avoided  because  it  induces  higher  energy  consumption  as  the  evaporating  temperature  
must  be  lower  than  the  melting  temperature  of  the  paraffin.  (Huang  et  al.,  2009)  carried  out  studies  
on  the  relationship  between  the  size  of  the  PCM  droplets  in  the  emulsion  and  the  subcooling  degree.  
The  authors  mentioned  a  clear  trend  to  lower  melting  temperatures  with  smaller  droplet  diameters  
as  is  generally  expected,  up  to  2  K  lower  for  the  smallest  droplets  compared  to  the  non-emulsified  
PCM  form.  The  effect  tends  to  increase  as  soon  as  the  dimension  of  the  droplet  gets  below  10  μm.  
This  has  also  been  shown  by  (Inaba  et  al.,  1994)    who  measured  a  subcooling  degree  of  5.8  K  of  
tetradecane  droplet  emulsions  with  a  mean  diameter  of  3.4  μm  and  of  2.6  K  in  bulk  tetradecane.  For  
the  application  a  compromise  must  be  found  between  a  better  heat    exchange  with  smaller  droplets,  
as  they  will  freeze  (or  melt)  more  quickly  when  they  are  small,  but  the  subcooling  degree  would  be  
higher.  
The  second  issue  with  emulsions  is  related  to  their  stability  over  time.  Indeed,  the  emulsions  can  
separate  into  liquid  PCM  phase  and  water  phase  as  time  passes  or  when  freezing  and  melting  are  
repeated,  but  in  recent  years,  emulsions  with  high  stability  and  durability  under  extended  heating  
and  cooling  cycles  have  been  reported  (Morimoto  et  al.,  2019).  

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

114

3.4.2.  Microencapsulate  Slurry  
The  suitability  of  the  shell  used  in  encapsulating  specific  core  PCM  is  a  key  issue  in  order  to  ensure  
proper  thermal  performance  of  the  MPCM  [13,29,30],  especially  in  preventing  PCM  leakage  when  it  
melts  
The  development  of  encapsulated  slurry  and  stabilized  slurry  are  hampered  by  the  reliability  of  the  
encapsulation.  Indeed,  the  capsule  is  subject  to  high  shear  when  flowing  through  pumps.  This  can  
damage  the  shell  or  the  matrix  and  leakage  can  occur  making  the  fluid  unusable.  
Similarly  to  emulsions  the  smaller  the  particles,  the  higher  the  subcooling  degree.  
3.4.3.  Ice  Slurry  
Even  though  this  technology  is  widely  spread,  its  development  is  hampered  by  the  cost  of  the  ice  
generators   compare   to   monophasic   fluids.   The   generators   have   become   more   reliable   and   their  
servicing  costs  have  been  reduced.  New  ice  slurry  generator  designs  continue  to  be  developed,  so  
that  in  the  future  less  expensive  and  problem-free  ice  slurry  generators  should  become  available.  
Ice  slurries  systems  are  relevant  for  refrigeration  applications  but  not  for  air  conditioning,  due  to  the  
low  evaporation  temperature.  Moreover,  as  ice  slurries  are  diphasic  fluids,  the  homogeneity  of  the  
fluid  must  be  controlled  and  an  adequate  management  of  the  ice  content  is  important.  This  is  of  main  
concern  also  for  storage,  as  the  ice  density  is  lower  than  that  of  the  carrying  fluid  and  the  stirring  
should  maintain  the  fluid  homogeneous.  
3.4.4.  Hydrate  Slurry  
The  CO 2  hydrate  slurries  form  under  pressure  around  20  bar,  and  currently  industry  is  reluctant  to  
use  these  kinds  of  fluids  for  secondary  refrigeration.  Some  studies  are  carried  out  to  decrease  the  
hydrate   formation   pressure   by   adding   some   additives   or   other   salts   to   form   mixed   hydrates   [ref  
(Mayoufi  et  al.,  2010)].  The  research  seems  promising,  as  the  pressure  can  drop  up  to  75  %,  but  the  
dissociation  enthalpy  is  thus  also  reduced.    
Salt   hydrates   present   the   same   difficulties   as   ice   slurries   concerning   their   generation   as   scraped  
surface  heat  exchangers  are  generally  necessary.  
Finally,  the  thermo  physical  properties  and  the  pressure  drop  or  heat  transfer  behaviour  of  the  slurry  
are  of  major  importance  for  choosing  the  most  adequate  slurry  for  an  application.  The  pressure  drop  
is   increased   when   the   slurry   is   frozen   which   is   a   drawback,   but   it   is   balanced   by   a   higher   heat  
transfer.  

4.   CONCLUSION  
Four   diphasic   secondary   refrigerants   have   interesting   thermal   properties   to   render   secondary  
refrigeration  more  efficient  than  with  monophasic  fluids.  These  are  emulsions,  encapsulated  slurries,  
ice   slurries   and   hydrate   slurries.   Their   industrial   readiness   is   uneven   due   to   specific   issues  
encountered   by   each   fluid.   Currently   ice   slurries   and   salt   hydrates   slurries   have   industrial  
applications   but   their   efficiency   or   technical   performances   can   be   improved   to   expect   further  
spreading  of  the  technology.  Emulsion,  encapsulated  pcm  and  gas  hydrates  slurries  need  further  
research  to  expect  to  have  industrial  development.  The  drawback  of  the  emulsions  and  encapsulated  
slurry  is  the  aging  of  the  fluid  under  extended  freezing  and  melting  cycles  and  for  gas  hydrates  slurry  
is  the  high  pressure  of  the  system.  
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ABSTRACT    

  
This  review  highlights  the  current  status  and  new  developments  on  high-temperature  heat  pumps  
with  heat  supply  temperatures  above  90°C.  Besides  the  vapor  compression  heat  pumps,  the  focus  
of  this  work  is  on  absorption  heat  pumps,  absorption  heat  transformers  and  compression-resorption  
heat   pumps.   Moreover,   recent   advancements   in   compressor   technologies   and   working   fluids   for  
high-temperature   vapor   compression   heat   pumps   are   also   highlighted.   A   few   manufacturers   are  
available  in  the  high-temperature  heat  pump  market  segment  that  can  supply  single-stage  water/LiBr  
absorption  heat  transformer  and  ammonia/water  compression-resorption  heat  pump  technologies.  
The  heating  capacity  range  of  the  commercial  LiBr  heat  transformers  is  from  150  to  10,000  kW,  while  
the  thermal  COP  is  between  0.45  and  0.50  at  the  temperature  lift  of  up  to  50  K.  The  commercially  
available  compression-resorption  technology  delivers  heat  up  to  120°C,  while  the  obtained  electrical  
COPs   are   about   6.1   (at   22   K   lift),   4.3   (at   65   K   lift)   and   2.4   (at   75   K   lift).   Many   theoretical   and  
experimental  studies  have  been  carried  out  in  order  to  extend  the  limit  of  achievable  temperature  lift  
and  COP  of  high-temperature  heat  pumps.    
Keywords:  Heat  Pump;;  High-Temperature,  Absorption,  Heat  Transformer,  Resorption,  Compression,  
Industrial  Applications.  
  

1.   INTRODUCTION  

  
Industries   need   to   reduce   their   carbon   footprints   in   order   to   meet   future   carbon   budgets   set   by  
international  agreements  such  as  the  COP  21  (the  2015  Pairs  climate  conference).  Thus,  renewable  
and  low  carbon  energy  will  replace  fossil  fuel  options.  Heat  pumps  will  be  one  key  technology  for  
such  sustainable  energy  transition.  Nowadays  heat  pumps  have  gained  increasing  attention  not  only  
for  residential  but  also  for  industrial  applications.  High-temperature  heat  pumps  (HTHPs)  offer  an  
opportunity  to  upgrade  low-to-medium  temperature  heat  sources  to  high-temperature  useful  heat  for  
industrial  processes.  The  high-temperature  heat  (above  100°C)  can  be  used  in  steam  production,  
district   heating   or   re-integrated   into   the   industrial   process   thereby   increases   the   efficiency   of   the  
system/process.  HTHPs  find  their  application  in  various  sectors  of  industry  (e.g.,  chemical,  beverage,  
and  paper).  There  have  been  lots  of  advancements  in  heat  pump  technology  at  lower  heat  delivery  
temperature  (<  90°C),  however,  much  lower  progress  has  been  made  at  high  temperatures.  
  
HTHPs   are   usually   mentioned   in   connection   with   industrial   applications   where   the   need   for   heat  
sources   at   high   temperatures   (>   100°C)   is   frequent.   In   several   research   studies,   one   can   find  
references   to   high   temperature   for   heat   pumps   for   any   application   above  60   -   70ºC,   which   is   the  
usual   limit   for   sanitary   hot   water   production   (to   inhibit   the   growth   of   Legionella   bacteria).   District  
heating   systems   usually   operate   at   higher   temperatures,   around   80ºC   (3rd   Generation),   but   heat  
pumps  working  in  such  sector  must  produce  hot  water  in  the  range  80  to  90ºC.  Cleaning  and  some  
process  applications  also  operate  at  this  level  of  temperatures,  slightly  below  100ºC.  The  heat  pumps  
producing  hot  water  at  these  temperatures  are  already  available  in  the  market.  Only  a  few  heat  pump  
manufacturers  supply  heat  pumps  able  to  produce  hot  water  at  90°C  and  above  (Arpagaus  et  al.,  
2018).  HTHPs  are  referred  in  this  paper  to  those  supplying  heat  at  temperatures  higher  than  90°C.    
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To  date,  a  limited  number  of  reviews  related  to  HTHP  have  been  published  and  are  briefly  reviewed  
as  follows.  Arpagaus  et  al.  (2018)  and  Bamigbetan  et  al.  (2017)  reviews  were  dedicated  to  vapor  
compression  heat  pumps,  while  Zhang  et  al.  (2016)  considered  all  types  of  heat  pump  systems  and  
technologies   with   emphasis   on   industrial   applications   of   heat   pumps   in   China.   Moreover,   Xu   and  
Wang  (2017)  reviewed  the  current  status  and  future  development  of  absorption  heat  pumps  for  the  
reuse  of  waste  heat  by  emphasizing  on  three  main  aspects  of  the  technology  including  absorption  
cycles,  working  pairs,  and  applications.  
  
An   excellent   overview   on   the   current   state   of   the   art   and   technology   of   HTHP   can   be   found   in   a  
recent   paper   of   Arpagaus   et   al.   (2018),   which   contains   a   vast   amount   of   detailed   technical   and  
scientific  information  about  HTHPs.  They  were  focused  on  the  market  status  of  HTHPs  based  on  
closed-cycle  compression  heat  pump  technologies,  performance  analysis  of  these  cycles  and  their  
suitable  refrigerants.  The  authors  considered  more  than  20  HTHPs  from  13  manufacturers,  which  
have  been  identified  on  the  market  that  are  able  to  provide  the  heat  supply  temperature  of  at  least  
90°C   and   maximum   of   165°C.   The   food,   paper,   metal,   and   chemical   industries   are   potential  
application  areas  of  the  HTHP  technologies  with  heating  capacity  in  the  range  of  20  kW  and  20  MW,  
while  their  electrical  COP  values  vary  between  2.4  and  5.8.  These  heat  pumps  are  typically  based  
on   single-stage   vapor   compression   cycle   architecture   and   with   their   modifications   (inclusion   of  
internal  heat  exchanger,  subcooler,  economizer  and  flash  tank(  for  steam  generation)).  Also,  they  
differ  mainly  in  the  type  of  compressor  and  refrigerant  employed  in  the  system.  The  main  type  of  
compressor  used  in  such  systems  are  twin-screw,  piston,  screw,  and  two-stage  turbo  machine  while  
the   refrigerants   used   are   R245fa,   R717,   R744,   R134a   or   R1234ze(E).   Moreover,   the   refrigerants  
R1336mzz(Z),   R718,   R245fa,   R1234ze(Z),   R600,   and   R6001   were   examined   in   detail   and  
R1336mzz(Z)  enables  to  achieve  exceptionally  high  heat  supply  (sink)  temperatures  of  up  to  160°C.    
  
Bamigbetan  et  al.  (2017)  review  work  was  focused  on  the  use  of  natural  refrigerants  (e.g.,  ammonia,  
carbon  dioxide,  water,  butane,  propane)  for  HTHPs.  Their  review  has  shown  the  different  challenges  
for  the  implementation  of  these  HTHPs  such  as  fluid  selection,  component  development  to  system  
optimization  to  mention  a  few,  while,  discussing  the  possible  innovative  solutions  to  address  these  
challenges.  The  HTHPs  with  natural  refrigerants  have  shown  to  be  a  potential  environmental  friendly  
solution   with   the   capabilities   of   energy   efficiency   increase   in   industrial   processes.   The   research  
advances  and  development  in  the  application  of  industrial  heat  pumps  in  China  with  the  emphasis  
on   three   industrial   fields   (drying   of   wastewater   sludge,   crude   oil   heating   in   oil   field,   and   process  
heating  in  printing  and  dying)  were  carried  out  by  Zhang  et  al.  (2016).  The  review  addresses  research  
progresses   on   refrigerants   and   different   type   of   systems   (i.e.,   multi-stage,   double-effect,  
compression-absorption,   solar   assisted   and   commercial   heat   pump   systems).   Chua   et   al.   (2010)  
have   reviewed   heat   pump   systems,   focusing   on   performance   enhancement   methods   (e.g.,   multi-
stage   cycles),   hybrid   heat   pump   systems,   and   their   applications   in   selected   industries.   Whereas,  
Arpagaus  et  al.  (2016)  were  focused  on  the  multi-temperature  applications  of  mechanically-driven  
heat   pumps   and   refrigerators.   The   present   review   article   is   envisioned   to   complete   and   address  
recent  advancements  on  HTHP  technologies  that  have  aimed  to  supply  heat  at  a  temperature  above  
90°C.   In   this   review,   absorption   heat   pumps,   compression-resorption   heat   pumps   and   vapor  
compression   heat   pumps   for   high-temperature   applications   are   discussed   with   emphasis   on   new  
developments.        
  

2.   HIGH-TEMPERATURE  HEAT  PUMP  SYSTEMS  AND  TECHNOLOGIES      

  
HTHP   technologies   are   classified   into   three   main   types;;   namely,   vapor   compression   heat   pump,    
absorption   heat   pump   and   the   combination   of   compression   and   absorption   technologies.   In   this  
section   and   subsequent   sections,   we   focused   on   these   technologies   at   high-temperature  
applications.  
  
2.1.  Vapor  compression  based  heat  pumping  
HTHP  technology  based  on  mechanical  vapor  compression  process  is  the  most  exhaustively  studied  
heat  pumping  option,  and  the  reader  is  referred  to  Arpagaus  et  al.  (2018,  2016).  From  the  thirteen  
manufacturers  mentioned  above,  only  two  (Kobe  Steel  and  Viking  Heat  Engines  SA)  offer  HTHPs  
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with   maximum   heat   supply   temperature   above   130°C   (Arpagaus   et   al.,   2018).   The   rest   of   the  
manufactures  offer  HTHPs  with  maximum  heat  supply  temperatures  between  90  and  130°C,  and  of  
which  five  of  them  only  offer  at  90°C.  The  company  Kobe  Steel  offers  an  HTHP  (Kobelco  SGH  120)  
with  a  nominal  capacity  of  380  kW  producing  saturated  steam  at  120°C,  from  a  water  heat  source  
stream   from   25   to   65°C   with   a   Coefficient   of   Perforformance   (COP)   of   3.2   at   65°C   heat   source  
temperature.  This  unit  incorporates  an  especially  designed  two-stage  screw  compressor  and  uses  
R245fa  as  a  refrigerant.  Furthermore,  Kobe  Steel  also  offers  a  heat  pump  unit  (Kobelco  SGH165)  
producing  steam  at  165°C  by  using  a  vapor  recompression  process.  Viking  Heat  Engines  SA  offers  
a  heat  pump  (HeatBooster  HBS4)  able  to  produce  hot  water  at  temperature  up  to  160°C  with  heating  
capacity   up   to   200   kW   (Viking   Heat   Engines,   2018).   It   employs   an   especially   designed   piston  
compressor   (designed   together   with   AVL   –   an   engine   designing   company)   using   R245fa   or  
R1336mzz-Z  refrigerants.      
  
2.2.  Absorption  based  heat  pumping    
Absorption  heat  pumps  (Type  I  Heat  Pumps,  AHPs)  and  absorption  heat  transformers  (Type  II  Heat  
Pumps,  AHTs)  can  be  used  to  upgrade  industrial  waste/excess  heat  to  useful  temperature  levels.  
Since   the   heat   pumping   in   AHTs   is   a   temperature   increasing   process,   the   AHTs   are   referred   as  
temperature  boosters.  Whereas  in  the  case  of  AHPs  the  heat  pumping  process  is  heat  increasing  
process,   hence   the   AHPs   are   referred   as   heat   amplifiers.   The   AHPs   require   high-temperature  
driving-heat   source   (𝑇"#$ )   in   order   to   upgrade   the   heat   source   at   low-temperature   (𝑇#$ )   to   an  
intermediate  useful  temperature  level  (𝑇$%&&'( ).  AHTs  upgrade  a  portion  of  the  heat  from  the  heat  
source   (𝑇#$ )   to   a   higher   temperature   level   (𝑇$%&&'( ),   while   rejecting   the   rest   of   the   heat   at   low  
temperature  (𝑇)*+ )  to  the  heat  sink  (e.g.,  ambient).  
  
The  most  commonly  employed  working  pairs,  refrigerant/absorbent  pairs,  in  the  AHPs  and  AHTs  are  
ammonia/water   and   water/LiBr   mixtures.   The   single-effect   AHP   and   AHT   are   the   simplest/basic  
configurations  for  AHP  and  AHT  technologies.  However,  the  single-effect  AHP  and  AHT  are  limited  
in   the   temperature   lift   (defined   as  ∆𝑇'-./ = 𝑇$%&&'( − 𝑇#$ ).   The   COP   of   a   single-effect   AHP   is   also  
limited  regardless  of  the  driving-heat  source  temperature  level.  Hence,  there  are  two  ways  to  improve  
the  performance  of  AHPs  and  AHTs:  either  to  increase  the  efficiency  of  the  heat  pump  (i.e.,  higher  
COP)   or   enlarge   the   temperature   lift   while   maintaining   the   COP   or   with   a   small   reduction   on   the  
COP.  The  multi-effect  and  GAX  (generator-absorber  heat  exchange)  concepts  are  used  to  enhance  
the  energy  efficiency,  while  the  double-lift  concept  is  used  to  increase  the  temperature  lifts  of  AHPs  
and   AHTs   (Alefeld   and   Radermacher,   1994).   Therefore,   for   instance,   the   double-effect   AHP  
(DEAHP)   is   more   energy   efficient   than   the   single-effect   AHP,   however,   it   is   more   appropriate   for  
conditions   where   the   heat   source   is   at   a   high-temperature   and   small   temperature   lift   is   needed  
(Zhang  et  al.  2016).  
  
2.2.1.  Absorption  Heat  Pump    
The  cycle  configurations  of  AHPs  are  the  same  as  those  of  absorption  refrigeration  cycles,  except  
that  the  desired  outputs  are  different  –  heating  in  the  case  of  the  heat  pump  cycle  while  refrigeration  
effect  for  refrigeration  cycles.  The  single-effect  AHP  consists  of  seven  main  components  an  absorber,  
condenser,  evaporator,  desorber,  solution  heat  exchanger,  solution  circulation  pump  and  expansion  
device.    The  single-effect  ammonia/water  AHP  is  not  suitable  for  industrial  heat  pumping  applications  
above  90°C  with  market  available  standard  components,  but  it  is  usually  used  for  residential  heating  
and  hot  water  production  below  80°C.  It  is  due  to  the  high  operating  pressures  at  these  heat  supply  
temperatures,  e.g.,  at  temperatures  higher  than  95°C  the  corresponding  pressure  is  above  53  bar  
for   ammonia   composition   of   96%   (in   mass).   The   single-effect   water/LiBr   AHP   is   also   limited   in  
application  range  due  to  the  working  pair  water/LiBr  adverse  characteristics  such  as  crystallization,  
corrosion,  and  instability  at  high  temperature.  Hence,  the  heat  supply  temperature  levels  in  single-
effect  AHP  may  reach  approximately  100°C  (Zhang  et  al.,  2016).  
  
The   single-effect   water/LiBr   AHPs   developed   by   LG   Electronics   (2018)   are   designed   to   supply  
heating  up  to  55  -  90°C  with  a  heating  capacity  higher  than  300  kW  (349  to  30,218  kW).  The  French  
manufacturer  CNIM  provides  single-effect  water/LiBr  AHPs  with  heat  supply  temperature  60  to  80°C  
at  a  COP  of  about  1.7  (CNIM,  2019).  The  heat  source  temperature  is  between  25  and  35°C.  Hot  
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water,  steam,  gas,  and  hot  oil  can  be  used  as  a  driving  heat  source  in  the  range  of  90  to  500°C.  Two  
DEAHPs   with   a   heating   capacity   of   150   kW   has   been   installed   at   the   experimental   test   facility   of  
Plataforma  Solar  de  Almería  (Spain)  (Alarcón-Padilla  et  al.,  2010).  This  DEAHP  is  operated  to  supply  
hot  water  at  about  65°C  to  the  multi-effect  desalination  unit  using  driving  steam  at  150°C.    
A  two-stage  water/LiBr  absorption  machine  was  developed  by  the  company  ENTROPIE  (now  CNIM).  
The  machine  can  operate  in  two  modes  as  a  chiller  and  as  a  heat  pump.  When  it  works  as  double-
effect  chiller  it  is  driven  by  heat  at  170°C  using  natural  gas  boiler  (at  high-pressure  desorber)  and  
can   take   also   heat   at   low-pressure   desorber   (e.g.,   using   heat   from   solar   thermal   collectors).   The  
machine  can  also  work  as  a  double-lift  heat  pump  delivering  heat  at  70  -  100°C  using  driving  hot  
water  at  160°C  with  a  COP  of  1.3  (Figueredo,  2012).    
  
2.2.2.  Absorption  Heat  Transformer  
The  single-stage  water/LiBr  AHT  is  the  most  commonly  investigated  configuration  in  the  literature.  
The  technical  challenges  (e.g.,  corrosion  at  high  temperature)  associated  with  this  system  are  similar  
to  the  challenges  experienced  in  the  design  of  double-effect  water/LiBr  chillers,  which  are  dressed  
effectively  in  the  manufacturing  of  such  technology  (Herold  et  al.,  2016).  The  single-stage  water/LiBr  
AHT  can  increase  about  50%  of  the  waste  heat  energy  by  up  to  50°C  (typically  in  the  range  of  30  -  
40°C  (Parham  et  al.,  2014)).  Hence,  such  systems  are  ideally  suited  to  applications  in  which  only  a  
relatively  small  temperature  increases  are  needed.    
  
The  single-stage  water/LiBr  AHTs  from  LG  Electronics  (2018)  is  designed  to  supply  heat  up  to  120°C,  
with  a  heating  capacity  higher  than  300  kW.  It  utilizes  hot  water  at  70°C  as  a  driving  heat  source.  
However,  in  order  to  obtain  greater  temperature  lifts  (above  50  K),  advanced  AHT  cycles  must  be  
used.  Using  advanced  AHTs  with  an  increased  number  of  stages  decreases  the  quantity  of  energy  
which  may  be  upgraded  (i.e.,  reduced  COP);;  but  it  enables  higher  temperature  lifts  to  be  attained.  
In   the   literature,   two   types   of   two-stage   AHT   cycles   are   often   considered,   which   are   referred   as:  
double   (lift)   absorption   heat   transformer   (DAHT)   and   double-stage   absorption   heat   transformer  
(DSAHT)   (Donnellan   et   al.,   2015).   The   DAHT   uses   the   concentrated   solution   coming   from   the  
desorber   as   the   absorbent   in   the   absorber-evaporator   unit.   Hence,   the   DSAHT   has   more  
components  and  needs  more  investment  in  equipment,  whereas  DAHT  is  considerably  simpler  than  
the   DSAHT.   Besides,   for   much   higher   temperature   lifts,   the   triple-stage   water/LiBr   AHTs   may   be  
used  to  attain  temperature  lifts  of  up  to  145  K  by  upgrading  about  20%  of  the  available  waste  heat.    
  
2.3.  Resorption  based  heat  pumping    
The   resorption   concept   is   according   to   two   basic   principles.   First,   the   working   pair   is   a   zeotropic  
mixture  with  large  boiling  temperature  difference  (e.g.,  ammonia/water).  Second,  the  condensation  
and  evaporation  processes  (in  the  reverse  Rankine  cycle)  are  replaced  by  absorption  (in  a  resorber)  
and  desorption  (in  a  desorber)  processes,  respectively.  Since  the  evaporation  of  the  working  pair  is  
not   complete,   the   remaining   liquid   from   the   desorber   is   pumped   to   the   resorber,   which   forms   a  
solution  circuit  between  the  desorber  and  resorber  referred  as  resorption  circuit.  There  are  different  
possibilities   to   combine   the   resorption   circuit   with   mechanical   vapour   compression   and   solution  
circuit  of  both  AHP  and  AHT.  Therefore,  the  combined/hybrid  heat  pump  types  are  realized,  which  
are   compression-resorption   heat   pump   (CRHP),   absorption-resorption   heat   pump   (ARHP)   and  
resorption-absorption  heat  transformer  (RAHT).    
  
The  advantages  of  CRHP,  ARHP  and  RAHT  cycles  over  the  individual  cycles  (i.e.,  absorption  cycle  
and  compression  cycle)  are,  first,  the  reduction  of  high  vapor  pressure  relative  to  the  pure  refrigerant  
(in  the  working  pair).  Second,  the  temperature  glides  of  the  absorption  and  desorption  processes  
compared  to  isothermal  condensation  and  evaporation  processes  of  pure  refrigerants.  These  infer  
that   (i)   –   these   heat   pumps   approach   the   reversible   cycle   (e.g.,   Lorenz   cycle)   with   variable  
temperatures  -  which  can  result  in  an  increased  COP  due  to  reduction  of  entropy  generation  in  the  
non-isothermal   heat   addition   and   rejection   processes,   (ii)   –   they   can   achieve   higher   supply  
temperatures  than  the  individual  cycles  at  the  same  operating  pressure,  and  (iii)  –  it  has  additional  
degrees   of   freedom   for   operational   flexibility.   Hence,   the   CRHPs,   ARHPs,   and   RAHTs   are  
appropriate  technologies  for  high-temperature  industrial  process  heat  supply  and  waste/excess  heat  
recovery  as  these  processes  often  require  large  sink-source  temperature  glides.  
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As   the   CRHP   is   a   combination   of   two   different   types   of   technologies,   i.e.,   absorption   and   vapor  
compression   so   that   the   CRHP   benefits   from   both   technologies’   best   features.   The   CRHP   cycle  
combines   the   advantages   of   the   compression   cycle   (higher   performance,   i.e.,   higher   COP)   and  
absorption  heat  pump  (high-temperature  lifts  and  temperature  gliding).  The  cycle  is  also  known  as  
vapor  compression  cycle  with  solution  circuit  (Groll,  1997);;  moreover,  it  is  also  referred  as  hybrid  
absorption-compression   cycle   in   the   literature   (Jensen,   2016).   The   single-stage   CRHP   using   an  
ammonia/water  mixture  is  a  promising  technology  for  high-temperature  applications  using  existing  
standard  commercial  components  (Jensen,  2016).    
  
In   addition   to   single-stage   CRHP   cycle,   there   are   several   possibilities   to   combine   the   vapor  
compression   (either   with   single   or   multi-stage   compression   processes)   with   advanced   absorption  
heat   pump   technologies   in   order   to   improve   the   performance   or   extend   operating   ranges.   For  
instance,  two-stage  compression  with  internal  heat  recovery  CRHP  (Jensen,  2016;;  Wersland  et  al.,  
2018)  and  CRHP  with  absorber-desorber  heat  exchange  (Groll,  1997)  have  been  investigated  in  the  
literature.  Wersland  et  al.  (2018)  studied  the  performance  of  ammonia/water  CRHP  using  two  types  
of  compressors:  a  single-stage  screw  compressor  and  two-stage  piston  compressor.  The  study  was  
carried  out  at  a  heat  source  temperature  of  30°C  to  obtain  a  heat  at  115°C  from  95°C.  It  was  obtained  
a   COP   of   1.37   and   2.04   for   screw   compressor   and   two-stage   piston   compressor,   respectively.  
Kabelac  et  al.  (2018)  investigated  the  performance  of  single-stage  ammonia/water  CRHP  with  open  
screw  compressor  using  the  experimental  test  rig  built  at  the  Institute  for  Thermodynamics  in  Leibniz  
Universität   Hannover   (Germany).   They   obtained   a   maximum   of   2.5   electrical   COP   at   the   highest  
temperature  lift  of  43  K  when  the  heat  source  at  59°C,  and  it  delivers  a  heating  output  of  40  kW.    
  

3.   PERFORMANCE  COMPARISON  OF  DIFFERENT  HEAT  PUMP  CYCLES    

  
For  heat  pumps  operating  at  two  temperature  levels,  such  as  VCHP  with  pure  working  fluids,  their  
theoretical   maximum   COP   (COPideal)   is   described   by   Carnot   COP.   The   ideal   COP   of   VCHP   and  
CRHP   are   dependent   only   on   these   two   temperature   levels,   which   are   represented   by   average  
entropic  temperatures  for  heat  transfer  processes  occurring  at  variable  temperatures.  Then,  the  ideal  
COP   is   defined   as  𝐶𝑂𝑃-"5)' = 𝑇$%&&'( (	
  𝑇$%&&'( − 	
  𝑇#$ )  where	
  𝑇$%&&'(   and  	
  𝑇#$   are   average   entropic  
temperatures  for  heat  supply  and  heat  source,  respectively,  at  variable  temperatures.  However,  the  
actual   COP   of   the   heat   pump   is   lower   than   the   ideal   COP   due   to   inherent   internal   and   external  
irreversibilities.   Hence,   the   second   law   efficiency   of   the   heat   pump   (𝜂::,<= ,   defined   as  𝜂::,<= =
𝐶𝑂𝑃/𝐶𝑂𝑃-"5)' )  can  be  used  to  evaluate  the  performance  of  the  heat  pump  technology  with  respect  
to  the  theoretical  maximum  performance.  It  relates  the  COP  to  maximum  achievable  COP  for  finite  
heat  reservoirs  in  terms  of  a  Lorenz  cycle  and  therefore,  it  gives  an  indication  about  the  potential  
improvement  possibilities.  In  Fig.  1  (a),  the  ideal  COP  of  VCHP  and  CRHP  cycles  are  shown  for  a  
temperature  lift  from  20  to  100  K  at  a  heat  source  inlet  temperature  (𝑇#$,-? )  of  60,  70,  80  and  90°C.    
  
The  AHP  and  AHT  are  operating  at  least  at  three  temperature  levels.  Hence,  the  ideal  COP  of  AHP  
and  AHT  are  dependent  on  the  three  temperature  levels:  𝑇"#$   >  𝑇$%&&'(   >  𝑇#$   for  AHP  (Type  I  heat  
pump)  and  𝑇$%&&'(   >  𝑇#$   >  𝑇@A   for  AHT.  The  ideal  COP  of  AHP  and  AHT  are  given  in  Eq.  (1).  

𝐶𝑂𝑃-"5)',B<= =

𝑇"#$ 	
   − 	
  𝑇#$
𝑇"#$

·

	
  𝑇$%&&'(
𝑇$%&&'( 	
   − 	
   𝑇#$

  

𝐶𝑂𝑃-"5)',B<D =

𝑇#$ − 𝑇@A 	
  
𝑇#$

·

	
  𝑇

%&&'(

𝑇$%&&'( 	
   − 	
   𝑇@A

         Eq.  (1)  

The  ideal  COPs  of  AHT  and  AHP  with  the  driving-heat  source  inlet  temperatures  are  presented  in  
Fig.  1  (a)  at  different  values  of  𝑇#$,-? .  The  temperature  glides  in  the  driving-heat  source,  heat  supply  
and,   heat   source   streams   were   assumed   as   20   K.   The   heat   rejection   stream   (i.e.,   cooling   water)  
inlet/outlet   temperatures   of   the   AHT   was   set   at   30/40°C.   Furthermore,   the   thermodynamic  
performance  of  the  different  types  of  heat  pump  cycles  was  reported  at  high-temperature  heat  supply  
conditions  (>  90°C)  and  heat  source  temperatures.  The  selected  heat  pump  cycles  are  single-stage  
water/LiBr   AHT   (SSAHT),   double-lift   AHT   with   water/LiBr   (DAHT),   ammonia/LiNO3   resorption  
absorption   heat   transformer   (RAHT)   and   ammonia/water   single-stage   CRHP   cycle.   These   cycles  
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are  relatively  less  complex  than  other  advanced  absorption  cycle  configurations  (e.g.,  multi-stage  
multi-effect  cycles,  GAX  cycles)  and  some  of  them  are  implemented  practically.  The  performance  
and  schematics  of  these  heat  pump  cycles  are  presented  in  Fig.  1  (b  –  e).    
  

  

Ideal  VCHP/CRHP  cycle  
  Ideal  AHP  cycle    
  Ideal  AHT  cycle    
a)   Ideal  maximum  COP  of  different  types  of  heat  pump  cycles  with  heat  transfers  at  variable  temperatures.  
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b)   Single-stage  water/LiBr  AHT  (SSAHT)      

c)   Single-stage  ammonia/LiNO3  RAHT  
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d)   Double  AHT  with  water/LiBr  (DAHT)    
e)   Single-stage  ammonia/water  CRHP    
Figure  1.  Performance  comparison  of  ideal  heat  pump  cycles,  SSAHT,  DAHT,  RAHT  and  CRHP.  
1  
2
Note:         –  thermal  COP;;     –  electrical  COP;;  𝜂::,<=   –  second  law  efficiency  of  heat  pump;;  N/A  –  Not  
applicable.  

4.   GLOBAL  DEPLOYMENT  OF  INDUSTRIAL  HTHP  TECHNOLOGIES  

  
The  potential  of  AHT  and  CRHP  technologies  to  upgrade  industrial  waste  heat  (and  excess  heat)  to  
a   useful   temperature   level   (>   90°C)   have   been   implemented   in   several   industrial   applications.   In  
Table   1,   some   of   these   HTHP   industrial   deployments   are   presented.   However,   limited   high-
temperature  industrial  applications  are  available  for  AHPs.  For  instance,  the  single-effect  water/LiBr  
AHP  with  a  heating  capacity  of  7.5  MW  is  installed  at  the  Schweighofer  Fibre  GmbH  (Austria)  (IEA,  
2014a).   It   is   used   to   recover   waste   heat   (below   50°C)   from   the   flue   gas   of   the   biogas   plant   and  
delivered  the  heat  at  95°C.  Steam  at  165°C  from  the  biomass  plant  is  utilized  to  drive  the  AHP.  The  
average  COP  about  1.6  was  achieved  for  a  total  operation  hour  of  37,000  h  per  annum.    
  
Thermax   Ltd   (2018)   has   developed   single-stage   water/LiBr   AHT   with   heating   capacities   between  
500   and   10,000   kW.   They   can   supply   heat   at   a   maximum   temperature   of   160°C,   typically   with   a  
temperature  lift  of  50  K.  The  COPs  are  in  the  range  of  0.45  to  0.5.  Steam  condensate  (e.g.  from  
steam  turbine),  hot  water,  process  condensate  between  80  and  150°C  are  used  as  a  heat  source,  
which   either   supplied   individually   or   in   combination.   Thermax   single-stage   water/LiBr   AHT   type  
(shown  in  Fig.  2(a))  has  been  used  in  a  poly  film  manufacturing  plant  for  PV  cells.  The  part  of  the  
heat   rejected   in   the   cooling   process   was   utilized,   by   using   the   single-stage   water/LiBr   AHT,   to  
generate  steam  at  4  bar  which  finds  use  within  the  plant.  The  schematic  of  the  heat  recovery  process  
is  depicted  in  Fig.  2(b).  Moreover,  Thermax  single-stage  water/LiBr  AHTs  have  been  implemented  
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in  food  industries  in  Italy  and  Germany  (Table  1).  The  AHTs  are  used  to  produce  hot  water  at  135°C  
for  drying  process  of  pasta  making  in  the  Baronia  Pasta  Factory  (Italy)  while  hot  water  produced  at  
105°C   is   utilized   for   vegetable   cooling   in   the   pre-cooked   meal   production   process   in   Renken  
(Germany).  In  both  cases,  hot  water  at  93°C  and  90°C,  respectively,  from  engine  jacket  water  are  
used  as  a  heat  source.    
  
Table  1:  Worldwide  deployment  of  absorption  heat  transformer  (AHT)  and  compression-resorption  
heat  pump  (CRHP)  technologies  for  high-temperature  (>  90°C)  industrial  applications.  
Temperature,  T  (°C)  

Company  Name  
(Country)  
Asia  Silicon  Co.  Ltd  
(China)  
Baronia  Pasta  
(Italy)  
Renken  Germany  
(Germany)  
Borregaard  ASA  
(Norway)  
Frevar  
(Norway)  
Løgumkloster  
District  Heating  plant  
(Denmark)  
Alcohol  Industry    
(Japan)  
Not  Provided  
(N/R)  
Machinery  
(N/R)  
1

Manufacturer  

Cycle  Type  
Single-stage  
AHT  
Single-stage  
AHT  
Single-stage  
AHT  
Single-stage  
CRHP  
Two-stage  
CRHP  

Hybrid  Energy  AS  

CRHP  

Johnson  Controls  
HITACHI  
Johnson  Controls  
HITACHI  
Johnson  Controls  
HITACHI  

Single-stage  
AHT  
Single-stage  
AHT  
Single-stage  
AHT  

Thermax  Ltd  
Thermax  Ltd  
Thermax  Ltd  
Hybrid  Energy  AS  
Hybrid  Energy  AS  

2

Working  
Pair  

Heating  
Capacity  
𝐓
  
𝐓𝐡𝐬,𝐢𝐧/𝐨𝐮𝐭    𝐓𝐜𝐰,𝐢𝐧/𝐨𝐮𝐭    𝐒𝐈𝐍𝐊,𝐢𝐧/𝐨𝐮𝐭
(kW)  
(∆𝐓𝐥𝐢𝐟𝐭 )  

H2O/LiBr  

108/100  

28/38.5  

H2O/LiBr  

93/75  

N/R  

H2O/LiBr  

90/80  

N/R  

NH3/H2O  

73/46  

N/A  

NH3/H2O  

20/14  

N/A  

NH3/H2O  

35/17  

N/A  

H2O/LiBr  

N/R  

N/R  

H2O/LiBr  

90/85  

N/R  

H2O/LiBr  

90/85  

27/31  

152/157  
(49)  
125/135  
(60)  
95/105  
(15)  
70/95  
(22)  
75/95  
  (75)  
35/100  
(65)  
107/112  
(N/R)  
135/140  
(50)  
133/137  
(47)  

COP  
(-)  
1

~4189  

0.47   

~1202  

0.46   

~449  

0.47   

2000  

6.1   

800  

2.4   

1300  

4.3   

2,475  

N/R  

300  

0.45   

150  

N/R  

1
1

2

2

2

1

Note:     –  Thermal  COP;;     –  Electrical  COP;;  cw  –  Cooling  water;;  hs  –  Heat  source;;  ∆TI_`a     –  Temperature  difference  
between  heat  sink  outlet  and  heat  source  inlet  (Jensen,  2016);;  N/A  –  Not  applicable;;  N/R  –  Not  reported.  

  
Johnson   Controls–Hitachi   Air   Conditioning   Solutions   offers   single-stage   water/LiBr   AHT   with   a  
heating  capacity  from  150  to  2,475  kW  and  supply  temperature  of  70  to  140°C.  The  AHT  uses  waste  
heat,   below   100°C,   of   jacket   water   of   cooled   engines,   waste   heat   from   industrial   processes   and  
distillation  units,  while  rejecting  heat  at  low  temperature,  e.g.  30°C,  to  cooling  water,  underground  
water   or   recovery   cooling   water.   A   typical   example   of   a   single-stage   water/LiBr   AHT   of   this  
manufacturer  is  used  to  recover  heat  of  90°C  from  hot  water  of  co-generation  system  to  produce  
steam  at  2  bar  or  deliver  hot  water  at  140°C  with  heating  capacity  of  300  kW  and  COP  of  0.45.  At  
the  synthetic  rubber  plant  of  the  Yanshan  Petrochemical  Corporation  (China),  an  industrial-scale  5  
MW  single-stage  water/LiBr  AHT  was  installed  and  later  expanded  to  include  two  other  sets  of  similar  
AHT  with  heating  capacity  of  7  MW  (Ma  et  al.,  2003;;  Zhang  et  al.,  2016).  The  heat  supplied  by  the  
AHTs   were   used   to   heat   hot   water   for   95   to   110°C,   with   an   average   COP   of   0.47   and   maximum  
temperature  lift  of  25  K.  The  AHTs  are  used  to  recover  waste  heat  from  steam  and  organic  vapor  
mixture  at  98°C.    
  

  

  

(a)  
(b)  
Figure  2.  Single-stage  water/LiBr  absorption  heat  transformer  installed  in  poly  film  manufacturing  
plant  in  China  (Thermax  Global,  2018).  Courtesy  of  Thermax.  

  
The   CRHP   working   with   ammonia/water   mixture   is   developed   by   Hybrid   Energy   AS   (2018).   The  
technology   is   commercialized   by   the   company   for   high-temperature   industrial   heat   pumping  
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applications,  with  the  first  commissioning  in  2004.  It  provides  heat  at  temperatures  above  110°C  by  
recovering   waste/excess   heat   between   15°C   and   65°C   using   standard   refrigeration   components  
(operating  below  25  bar).  The  single-stage  CRHP  from  the  Hybrid  Energy  AS  is  designed  for  pre-
heating   of   feed   water   in   Bio-refinery   process   plant   in   Borregaard   (Norway)   and   commissioned   in  
2017.  The  system  has  reduced  the  plant’s  energy  consumption  approximately  by  60  GWh/year.  In  
2016,  the  wastewater  and  sewage  treatment  plant  of  Frevar,  in  Fredrikstad  (Norway),  used  a  two-
stage  ammonia/water  CRHP  to  recover  heat  from  biogas  upgrading  plant  and  treated  wastewater.  
The  heat  delivered  to  the  central  heating  system  of  the  plant  and,  then  the  hot  water  (at  95°C)  is  
utilized  for  industrial  processes  including  preheating  of  sludge  and  heating  buildings.  Løgumkloster  
district  heating  plant  in  Denmark  installed  the  CRHP  from  Hybrid  Energy  AS  in  2015.  The  CRHP  
recovers   heat   at   low   temperature   (35°C)   from   concentrated   solar   power   facility   and   supplies   the  
upgraded  heat  (from  35  to  100°C)  to  the  district  heating  network.  This  heat  pump  simultaneously  
provides  chilled  water  at  17°C  to  processes  need  cooling  in  the  solar  facility.      
  

5.   CHALLENGES  AND  OPPORTUNITIES  FOR  FUTURE  INDUSTRIAL  APPLICATIONS  

5.1.  High-temperature  heat  pumping  challenges  
5.1.1.  Working  fluids    
Many   pure   working   fluids   have   been   considered   for   HTHPs   based   on   vapor   compression   cycles  
(Arpagaus  et  al.,  2018).  As  in  other  heat  pumps  (e.g.,  heat  pumps  for  residential  applications),  the  
most  important  characteristics  of  the  fluids  to  be  considered  are  the  critical  temperature  and  pressure  
and  its  volumetric  heat  capacity  at  the  heat  source  temperature.  Additionally,  dry  fluids  (Retrograde)  
will  need  an  extra  superheat  at  the  evaporator,  whereas  wet  fluids  (Anterograde)  will  tend  to  produce  
very  high  discharge  temperatures  which  could  negatively  affect  the  reliability  of  the  compressor.  The  
global  warming  potential  (GWP)  and  ozone  depletion  potential  (ODP)  of  the  fluids  are  also  important  
characteristics  to  be  considered  for  future  equipment.    
  
Fig.  3  shows  the  critical  temperature  of  most  employed  working  fluids  with  an  indication  of  the  kind  
of   fluid   they   are.   The   bars,   in   Fig.   3,   connect   the   NBP   (normal   boiling   point)   with   the   critical  
temperature   of   each   fluid.   One   line   has   been   drawn   at   150°C   just   as   a   reference.   As   it   can   be  
observed   in   Fig.   3,   only   a   few   fluids   would   be   available   to   work   in   a   subcritical   cycle   with   sink  
temperatures   about   150°C,   i.e.,   R1233zd(E),   R365mfc,   R1336mzz(Z),   pentane,   acetone   and   of  
course   water.   Water   is   maybe   an   adequate   fluid   for   very   high-temperature   heat   pumping  
applications,  but  for  the  analysed  range  it  still  has  very  low  vapor  pressure  and  its  compression  is  
very  difficult  with  commercially  available  compressor  technologies.  R365mfc  is  an  HFC  and  has  a  
relatively  high  GWP  (804)  and  it  is  an  A2  fluid.  R1233zd  (E)  is  an  HCFO  while  R1336mzz  (Z)  is  an  
HFO,  both  with  a  very  low  GWP  and  with  almost  null  ODP,  and  they  are  A1  fluid.  Pentane  is  an  HC  
and   so   an   A3   fluid.   High-pressure   fluids   could   work   in   a   transcritical   cycle.   This   would   have   the  
advantage  of  the  high  glide  of  the  temperature  of  the  fluid  along  the  gas-cooler  to  match  the  increase  
of  temperature  of  the  secondary  fluid  on  the  sink  side.  Also,  however,  sub-critical  cycles  can  exploit  
this  glide  by  producing  a  high  subcooling.    
  

  

Figure  3.  Working  range  of  mostly  used  working  fluids:  dry,  wet  and  isentropic  working  fluids.  

  
One  of  the  main  advantages  of  AHP,  AHT,  and  CRHP  technologies  is  the  use  of  natural  working  
pairs   (e.g.,   ammonia/water,   ammonia/LiNO3,   water/LiBr.   However,   these   mixtures   have   their   own  
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drawbacks.  The  use  of  ammonia/water  mixture  in  AHP  and  AHT  for  high-temperature  applications  
(>  90°C)  has  an  effect  of  operating  at  high  pressure.    The  use  of  water/LiBr  limits  the  temperature  
lift  because  of  the  crystallization  potential  of  LiBr  when  the  temperature  drops  or  LiBr  composition  
increases,  while  higher  heat  supply  temperatures  are  restricted  due  to  corrosion  and  instability  of  
the  working  pair  at  high  temperature.  The  solubility  of  LiBr  can  be  enhanced  using  additives  (e.g.,  
inorganic  salts,  solvents,  ionic  liquids).  However,  it  may  have  an  adverse  effect  on  other  properties  
of   the   mixture   such   as   viscosity,   vapor   pressure,   corrosiveness,   etc.   Besides   its   effect   on   the  
application  ranges,  the  working  pairs  can  significantly  influence  the  initial  capital  cost  of  the  unit  and  
dictate   required   maintenance   operations.   Therefore,   the   selection   of   the   working   pair   is   a   crucial  
aspect  to  be  considered  for  the  selection  of  AHPs  and  AHTs.  
  
5.1.2.  System  components    
The  main  challenge  of  HTHPs  based  on  VCHP  and  CRHP  cycles  is  the  compressor  technology.  The  
average  and  discharge  temperatures  in  this  type  of  HTHP  are  very  high,  so  all  technologies  involving  
potential   wearing   need   to   find   reliable   lubrication   warranting   a   sufficiently   long   life.   Compressors  
requiring   no   lubrication   would   be   in   principle   the   most   adequate   technology.   Apart   from   the  
lubrication,  the  electric  motor  must  be  also  quite  special  since  the  high  operating  temperatures  at  
the  evaporator  lead  to  high  mass  flow  rates  and  high  torques.  Therefore,  the  motor  required  for  this  
application   is   much   larger   than   the   one   corresponding   to   a   similar   displacement   compressor   for  
standard   applications.   Additionally,   the   cooling   of   the   motor   and   the   oil   is   difficult   to   do   with   high  
suction   temperatures   in   hermetic   or   semi-hermetic   compressors.   Therefore,   the   best   compressor  
technology  for  HTHPs  would  be  turbocompressors.  However,  the  design  of  these  compressors  must  
be   specifically   done   depending   on   the   refrigerant   fluid   and   the   operating   conditions.   Their  
development  is  cumbersome  and  very  costly.  As  each  industrial  application  is  different,  it  is  difficult  
to   find   cost-effective   solutions   with   this   technology   except   for   applications   with   a   large   potential  
market  and  similar  conditions.            
  
Most  of  the  HTHP  prototypes  that  have  been  tested  at  high  temperatures  are  working  with  piston  
compressors   and   a   few   with   screw   compressors.   Électricité   de   France   (EDF)   presented   an  
experimental  study  about  an  HTHP  using  a  scroll  compressor  and  a  new  fluid  named  as  ECO3  (IEA,  
2014b).  This  heat  pump  was  able  to  reach  138°C  of  condensation  temperature  with  an  evaporation  
temperature  of  60°C.  The  Austrian  Institute  of  Technology  (AIT)  also  reached  high  temperatures  with  
a  12  kW  semihermetic  piston  compressor  working  with  refrigerant  R1336mzz-Z  (IEA,  2014b).  The  
condensation   temperature   is   125°C   with   a   temperature   lift   of   70   K.   Recently,   the   Norwegian  
University  of  Science  and  Technology  (NTNU)  and  SINTEF  investigated  an  HTHP  with  semihermetic  
piston  compressor  using  butene  as  a  refrigerant.  The  condensation  and  evaporation  temperatures  
are  115°C  and  50°C,  respectively,  while  the  compressor  discharge  temperature  is  140°C.  Therefore,  
the  maximum  attained  condensation  temperature  using  volumetric  compressors  seems  to  be  125  –  
135°C   for   the   moment.   The   actual   efficiency   of   the   compressors   at   these   extreme   conditions   is  
relatively  low  and  the  reported  values  of  the  COP  are  below  3.0,  with  about  70  K  temperature  lift  and  
the   highest   condensation   temperatures.   Comparing   these   COP   values   with   the   50%   of   ideal  
(reversible)   COP   values   (i.e.,   estimated   as   attainable   values)   shown   in   Fig.   1   (a),   there   is   still   a  
significant   high   margin   for   improvement.   A   double-lift   water/LiBr   AHT   was   developed   and  
experimentally  tested  to  demonstrate  its  applicability  for  steam  generation  at  8  bar  with  a  lift  of  about  
90  K.  This  DAHT  development  was  carried  out  under  the  research  project  “Next  Generation  Heat  
Pump   Technology”   supported   by   NEDO   (New   Energy   and   Industrial   Technology   Development  
Organization),   Ebara   Refrigeration   Equipment   &   System   Co.Ltd   and   Waseda   University   in   Japan  
(Lubis  et  al.,  2017).  The  authors  demonstrated  that  the  technical  challenges  related  to  corrosion  and  
crystallization,   particularly   at   high-temperature   absorber,   was   handled   well.   Thereby,   the   DAHT  
system  operates  steadily  and  efficiently  (at  a  COP  of  exceeds  0.3  for  a  heat  source  temperature  of  
84°C).  Furthermore,  a  surfactant  additive  (2-Ethylhexanol)  was  used  to  enhance  heat  transfer  rates.  
In   addition,   the   European   project   Indus3Es   (2016   –   2020)   is   developing   an   AHT   for   upgrading  
industrial  surplus  heat  available  at  low  temperature  to  a  useful  level  below  130°C,  depending  on  the  
ambient  temperature.  In  this  project,  two  10  kW  lab-scale  prototypes  and  five  50  kW  capacity  have  
been  tested  with  the  final  aim  of  designing  a  machine  that  revalorizes  about  200  kW  of  waste  heat  
from  95  to  135ºC.  
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5.2.  Future  opportunities  and  outlooks      
Despite  the  challenges  mentioned  above,  the  opportunities  for  primary  energy  savings  and  reduction  
of  greenhouse  gas  emissions  will  continue  to  build  high  interest  in  HTHP  applications.  Furthermore,  
there  is  a  necessity  to  move  to  low  carbon  energy  solutions  and  the  use  of  natural  refrigerants.  It  is  
due   to   fossil   fuel   supply   depletion,   the   fuel   penalty   imposed   by   governments,   and   the   banning   of  
refrigerants  with  high  GWP  and  ODP  by  international  agreements.  The  use  of  HTHPs  as  stepping  
stones  towards  the  replacement  of  boilers  and  steam  systems,  which  generates  potentially  much  
greater  savings  where  the  existing  systems  have  low  efficiency.  As  conventional  energy  costs  are  
increasing   because   of   imposed   legislation   by   governments,   industrial   payback   period   values   are  
easily  attainable.  Therefore,  the  need  for  research  and  development  of  HTHP’s  potential  for  energy  
conservation  and  reduction  of  CO2  emissions  is  enormous.  
  
In  the  VCHP  technology,  the  main  focuses  on  the  R&D  fronts  are  on  the  working  fluids  employed  in  
the  system  and  compressor  technologies  for  high-temperature  applications.  Corberán  et  al.  (2019)  
studied  the  performance  of  an  HTHP  based  on  vapor  compression  cycles  for  industrial  applications,  
which  needs  pressurized  hot  water  (>  100°C)  and  saturated  steam  or  for  high-temperature  thermal  
storage   applications.   They   analysed   the   performance   of   the   HTHP   using   dry   (R1336mzz(Z),  
R365mfc),  wet  (water,  acetone)  and  isentropic  (R1233zd(E),  R245fa,  butene)  refrigerants.  According  
to  their  simulation  results,  the  isentropic  refrigerants  have  the  highest  performance  compared  to  dry  
and  wet  refrigerants.  From  these  candidate  refrigerants,  R1233zd(E)  is  the  most  suitable  refrigerant  
regarding   safety   and   performance.   However,   it   reaches   a   maximum   temperature   lift   of   73   K   and  
acetone   seems   to   be   a   good   candidate   for   high-temperature   lifts.   There   are   two   possible   R&D  
directions  in  order  to  address  the  downsides  of  the  conventional  working  pairs  used  in  the  AHP  and  
AHT  technologies.  They  are  (i)  -  altering  undesirable  characteristics  of  the  working  pairs  and  (ii)  –  to  
identify   new   working   pairs   so   that   to   replace   the   conventional   working   pairs.   Consequently,   the  
temperature  lift  and  the  heat  supply  temperature  of  the  water/LiBr  AHT  and  AHP  could  be  enlarged  
using  additives  (e.g.,  other  inorganic  salts,  solvents,  ionic  liquids)  to  increase  the  solubility  of  LiBr  
and   reduce   corrosion.   Another   approach   is   to   select   other   absorbents   (e.g.,   ionic   liquids,   organic  
fluids)  for  natural  refrigerants  such  as  ammonia,  water,  and  carbon  dioxide.      
  
The   CRHPs   using   wet   compression   has   been   considered   in   the   literature   due   to   its   promising  
advantages   (Gudjonsdottir   et   al.,   2018).   The   benefits   of   wet   compression   include   reduction   of  
consumed  power  compared  to  VCHPs  and  avoid  vapor  superheating,  which  is  particularly  attractive  
for  high-temperature  applications.  And,  the  solution  pump  is  not  needed.  The  COP  of  CRHP  with  
ammonia/water  mixture  can  be  increased  by  above  15%  due  to  the  use  of  wet  compression.  
  
As   highlighted   in   the   literature,   the   use   of   AHTs   has   several   advantages   from   a   thermodynamic  
viewpoint.   However,   the   economic   feasibility   of   AHTs   has   not   been   yet   sufficiently   reported.  
Regardless  of  the  amount  of  heat  upgraded  by  the  AHT,  unless  the  AHTs  can  generate  adequate  
returns   on   investment   so   that   acceptable   short   payback   periods   are   obtained,   they   are   unlikely  
targets  for  investment.  This  is  mainly  due  to  the  system  CAPX  (capital  expenditure).  Therefore,  more  
efficient  component  types  should  be  pursued  which  can  reduce  the  capital  costs  of  AHTs.  Moreover,  
the  price  of  utilities  for  example  electricity  is  also  extremely  influential  for  economic  viability.                
  
The  subject  of  HTHPs  has  attracted  the  interest  of  researchers  and  companies  in  the  last  decade  
and  a  considerable  number  of  research  projects  have  been  carried  out  with  the  aim  of  developing  
solutions   and   assessing   the   potential   performance   of   these   HTHPs.   This   subject   was   specifically  
dealt   with   in   the   IEA   Annex   35   (IEA,   2014b)   dedicated   to   industrial   heat   pumps,   and   it   is   being  
currently  continued  by  Annex  48  (IEA,  2016  -  2019).  Several  recent  conferences  have  included  this  
subject  among  their  topics,  and  some  have  organized  specific  workshops.  Among  those,  it  is  worth  
mentioning  the  Workshop  ‘Heating  and  Power  from  Low-Temperature  Heat’  in  the  ICR  conference  
in   Yokohama   in   2015,   the   12th   IEA   Heat   Pump   conference,   held   in   Rotterdam   in   2017,   and   the  
International  Workshop  on  High-Temperature  Heat  Pumps,  held  in  Copenhagen  in  September  2017.  
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6.   CONCLUDING  REMARKS  

  
High-temperature  heat  pumps  (HTHPs)  are  regarded  as  a  viable  and  attractive  solution  to  upgrade  
low-to-medium   temperature   industrial   waste/excess   heat   to   a   useful   temperature   level   for   many  
industrial  processes.  It  can  be  implemented  in  a  wide  range  of  industries  as  heat  recovery  solutions,  
including   beverage,   chemical,   food,   paper,   leather,   and   textile   industries.   Furthermore,   there   are  
ongoing  research  and  development  activities  to  fully  utilize  the  heat  recovery  potential  of  HTHPs  at  
a   heat   supply   temperature   above   90°C.   This   paper   has   reviewed   the   current   status   and  
developments  on  HTHPs  for  industrial  applications  at  delivery  temperatures  above  90°C.  Apart  from  
the  vapor  compression  heat  pumps  (VCHPs),  there  are  different  types  of  heat  pump  technologies  
commercially   available  for   high-temperature   applications.   The   technologies   are   mainly   absorption  
heat   transformer   (AHT)   and   compression-resorption   heat   pump   (CRHP).   These   technologies   use  
natural  working  fluid  mixtures,  e.g.,  ammonia/water  and  water/LiBr,  which  have  no  GWP  and  ODP.  
  
The  market  available  HTHPs  based  on  absorption  technology  are  mostly  the  single-stage  water/LiBr  
AHT  with  heating  capacity  between  150  and  10,000  kW.  The  thermal  COPs  are  in  the  range  of  0.45  
to  0.5.  The  heat  supply  temperature  of  these  heat  pumps  can  reach  up  to  160°C  with  a  temperature  
lift   of   up   to   50   K.   A   few   heat   pump   applications   are   available   for   high-temperature   heat   supply,  
between  90  and  100°C,  using  single-effect  water/LiBr  AH,  while  there  is  no  ammonia/water  single-
effect  AHP  for  supply  temperature  higher  than  90°C  due  to  high  operating  pressure  to  use  standard  
components.   The   current   technology   based   on   ammonia/water   CRHP   delivers   heat   up   to   120°C.  
The  obtained  electrical  COPs  of  the  CRHP  technology  are  about  2.4  (at  75  K  lift),  4.3  (at  65  K  lift)  
and  6.1  (at  22  K  lift).  The  theoretical  and  experimental  studies  carried  out  by  several  researchers  in  
the  literature  have  shown  that  higher  temperature  lift  (above  85  K)  could  be  obtained  using  double-
lift  water/LiBr  AHT  with  a  potential  of  converting  more  than  30%  of  industrial  waste/excess  heat  at  
alow-to-medium  temperatures  to  a  useful  high-temperature  level.  
  
Finally,  there  is  a  strong  potential  for  AHT  and  CRHP  technologies  for  high-temperature  lift  and  heat  
supply  temperature  above  160°C,  which  is  the  current  limit  for  VCHP  technology.  Therefore,  in  order  
to  capitalize  these  potentials,  future  research  and  development  activities  are  mainly  directed  towards  
the  following  areas:  (i)  –  on  working  fluid  pairs  to  alleviate  the  drawbacks  of  the  conventional  working  
fluid  mixtures,  (ii)  –  system  components  size  reduction  so  that  the  size  and  capital  cost  of  the  heat  
pump   reduced,   and   (iii)   –   system   (cycle)   configurations   to   obtain   higher   temperature   lift   than   the  
single-stage  AHT,  while  maintaining  the  COP  or  with  reasonable  lower  COP  values.    
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ABSTRACT  
An   increasing   demand   for   space   cooling   is   expected   due   to   the   economic   growth   in   developing  
countries  (often  with  hot  climates),  to  the  increasing  use  of  electric  appliances  in  homes  and  offices  
that  increase  internal  gains  and  to  the  global  warming.  
Just  global  warming  suggests  to  provide  larger  fractions  of  space  cooling  using  renewable  energy  
technologies.  
A  first  rough  classification  considers  passive  (or  almost  passive)  and  active  technologies.  The  former  
include  evaporative  cooling,  radiative  cooling,  natural  ventilation,  the  use  of  aquifers  or  of  the  ground.  
The   latter   mean   mainly   solar   cooling,   but   also   cooling   using   biomass,   considering   renewable  
technologies  for  air  conditioning  only  when  the  renewable  energy  is  directly  applied  to  the  cooling  
plant  and  not  for  producing  electricity  for  the  grid.  The  technologies  are  often  well  experimented  and  
some   of   them   are   approaching   or   even   reached   the   economic   parity   with   the   conventional   air  
conditioning  systems.  
Keywords:  Air  conditioning;;  Solar  cooling;;  Evaporative  cooling;;  Radiative  cooling;;  Natural  ventilation

1.    INTRODUCTION  
Space   heating   and   cooling   represents   a   large   proportion   of   global   energy   demand.   Buildings   are  
considered  responsible  for  about  30-45%  of  the  demand  with  different  percentages  from  country  to  
country   (Santamouris   and   Kolokotsa,   2013).   The   energy   demand   for   space   heating   is   currently  
greater  than  the  energy  required  for  space  cooling.  However  extensive  applications  of  insulation  and  
advanced   heating   technology   (from   condensing   boilers   to   heat   pumps)   are   reducing   the   energy  
demand  for  heating,  at  least  in  the  developed  world.  On  the  contrary  the  energy  demand  for  space  
cooling  is  forecast  to  increase  dramatically  in  the  next  years.  
The  reasons  are  many:  
•   Higher   comfort   standards   will   be   requested   in   developing   countries   as   their   income   is  
growing.  Climate  is  frequently  hot  in  those  countries.  
•   The  use  of  electric  appliances  in  homes  and  offices  together  with  other  plug  loads  is  rapidly  
increasing,  producing  internal  heat  gains,  whose  importance  is  higher  when  the  building  is  
well  insulated.  
•   Modern  architecture,  that  is  widespread  in  every  country,  is  largely  using  glass,  emphasizing  
the  loads  due  to  the  incoming  solar  radiation.  
•   Heat  island  effect  with  the  related  temperature  increase  in  the  urban  environment  produces  
a  high  penetration  of  air  conditioning.  
•   Global  warming  can  only  make  this  picture  worse.  
This   increasing   air   conditioning   penetration   produces   important   consequences   on   the   energy  
consumption  of  buildings  with  a  strong  impact  on  the  peak  electricity  demand.  As  a  consequence  
utilities   shall   build   up   new   power   plants.   The   forecast   for   2030   in   India   indicates   an   extra   peak  
electricity  demand  of  143  GW  (Santamouris,  2016).  This  additional  capacity  could  require  more  than  
300  new  coal  fired  500  MW  power  plants.  The  combined  effects  of  global  warming,  income  growth  
and  population  increase  might  double  the  energy  use  for  space  cooling  in  the  next  20  years.  The  
IEA  forecast  indicates  a  growing  of  energy  demand  for  space  cooling  from  87  Mtoe  in  2012  to  more  
than  200  in  2050  (IEA,  2012).  
Renewable   energy  technologies   can  satisfy   a   relevant   fraction   of   the   increasing   cooling   demand,  
particularly  where  solar  radiation  is  abundant,  being  at  the  same  time  one  of  the  main  items  of  the  
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cooling  request.  The  available  technologies  are  countless.  However  only  few  of  them  have  practical  
applications,  finding  often  utilization  only  in  special  climate  and  ambient  conditions.  
A  first  natural  technologies  classification  may  be  proposed:  
•   Passive  (or  almost  passive)  technologies.  
•   Active  technologies.  

2.    PASSIVE  TECHNOLOGIES  
Passive  cooling  concerns  different  possible  actions  that  include  prevention  of  heat  gains,  reduction  
of  heat  gains  and  heat  dissipation.  The  first  two  measures  will  not  be  here  considered:  they  range  
from  solar  shielding  to  green  roofs  to  more  efficient  lighting  and  they  often  involve  the  architect’s  
ability  in  a  proper  building  design.    
Heat   dissipation   technology   is   aimed   to   exchange   the   excess   heat   of   a   building   with   a   lower  
temperature   sink,   like   the   sky,   the   ground,   the   water   or   the   ambient   air.   The   requirements   are  
(Santamouris  and  Kolokotsa,  2013):  
•   The  existence  of  an  environmental  heat  sink  with  a  suitable  temperature  difference  with  the  
heat  to  be  dissipated;;  
•   A  thermal  coupling  between  the  building  and  the  sink.  
The  heat  dissipation  processes  here  considered  are:  
•   Radiative  cooling  toward  the  sky.  
•   Night  ventilation  cooling.  
•   Coupling  of  the  room  to  be  cooled  with  the  ground  or  an  aquifer.  
•   Evaporative  cooling.  
2.1.

Radiative  cooling  toward  the  sky

The  atmosphere  absorbs  most  of  the  infrared  radiation  emitted  by  the  earth.  The  absorption  is  mainly  
due  to  water  vapor,  carbon  dioxide  and  ozone.  However  these  gases  present  a  very  weak  absorption  
band  in  the  8-12  µm  interval:  this  interval  is  called  “atmospheric  or  sky  window”  through  which  the  
earth   sees   almost   directly   the   chill   sky   with   a   downward   emission   from   high   altitudes   where   the  
temperature  can  be  up  to  50  K  below  the  ambient  temperature  (Zeyghami  et  al.,  2018).  The  cooling  
is   particularly   effective   for   clear   sky   and   a   dry   atmosphere,   whereas   a   cloudy   sky   is   practically  
opaque  to  infrared  radiation  and  radiative  cooling  is  almost  negligible.  
Under  the  most  favorable  conditions  the  net  thermal  exchange  between  a  horizontal  black  surface  
exposed  to  a  nocturnal  sky  and  kept  at  ambient  temperature  is  of  the  order  of  100  Wm-2.  Nocturnal  
cooling  is  mainly  due  to  radiative  cooling.  In  ancient  Iran  and  India  this  effect  allowed  to  make  ice  
even   for   ambient   temperature   higher   than   0   °C.   Radiative   cooling   toward   the   sky   is   present   also  
during  daytime,  but  the  incident  solar  radiation  prevails.  
When  the  temperature  of  a  surface  to  be  cooled  is  higher  than  the  air  temperature,  radiative  cooling  
strongly  enhances  the  thermal  dissipation.  On  the  contrary  for  sub-ambient  temperatures  thermal  
gains  from  convection  and  conduction  set  to  zero  the  possible  dissipation  already  for  differences  of  
5-6  °C.  Two  possible  strategies  were  conceived  to  remediate:  
•   A  wind  cover.  
•   A  selective  radiator.  
A  wind  cover  reduces  the  convective  heat  transfer  from  the  air  to  the  emitting  surface.  It  should  be  
transparent   in   the   infrared.   For   example   a   sheet   of   polyethylene   is   low   cost   and   presents   a   0.85  
transmission  in  the  infrared.  Experimental  surveys  demonstrated  a  net  exchange  of  40-50  Wm -2  for  
a  5  °C  cooling  below  ambient  temperature  even  with  high  air  humidity  (Lazzarin,  1979).  
An  ideal  selective  radiator  is  highly  reflective  outside  the  sky  window  whereas  is  highly  absorptive    
inside.  It  is  possible  to  approach  this  behavior  with  suitable  coatings  of  the  surface  to  be  cooled.  This  
strategy  is  preferable  when  a  greater  sub-ambient  temperature  is  desired,  whereas  a  not  selective  
emitter  is  better  for  maximum  cooling  just  below  and  above  the  ambient  temperature  (Lu  et  al.,  2016).  
As   previously   mentioned   the   radiative   cooling   effect   is   operative   even   during   daytime.   Some  
researchers  developed  selective  surfaces  able  to  reflect  97%  of  the  incident  sunlight  maintaining  the  
desired  selective  properties  inside  the  sky  window.  Exposed  to  direct  solar  radiation  of  850  Wm -2  
intensity,  this  special  cooler  maintained  a  cooling  power  of  40  Wm-2  at  ambient  temperature  (Raman  
et  al.,  2014).  However  these  surfaces  are  manufactured  with  non-fabrication  techniques  which  are  
at  present  very  expensive.  
I  like  to  close  the  presentation  of  radiative  cooling  effect  proposing  two  different  application  schemes  
(figure  1).  
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The   first   sketches   an   ancient   building   with   an   enclosed   courtyard,   for   example   a   Roman   villa  
(Trombe,  1967),  while  the  other  represents  a  possible  hybrid  system  that  combines  the  nocturnal  
radiative  cooling  and  a  conventional  chiller  (Zhang  and  Niu,  2012).  The  Authors  evaluated  a  possible  
energy  saving  between  62%  and  77%  with  respect  to  the  only  conventional  chiller  in  two  Chinese  
cities  with  a  dry  climate  and  low  nocturnal  ambient  temperatures.  
  

  

Figure  1  Schematic  of  an  ancient  building  with  a  central  courtyard  and  a  modern  hybrid  nocturnal  
radiator-conventional  system  

2.2.

Night  ventilation  cooling  

During  the  night  period  the  ambient  air  usually  cools  down  mainly  just  for  the  effect  of  the  radiative  
cooling.  Thus  night  ventilation  allows  to  dissipate  the  heat  gains  absorbed  by  the  building  during  the  
daytime.  Outdoor  nocturnal  air  is  introduced  into  the  building  as  to  cool  down  the  building  structure,  
exhausting  the  inside  warmer  air.  The  building  can  be  equipped  with  a  ventilation  system  so  that  the  
air  is  forced  inside  through  the  Air  Handling  Unit  (AHU)  or  the  ventilation  can  be  driven  by  a  natural  
force,  for  example  by  a  stack  or  wind  pressure  difference.  Night  ventilation  cooling  can  be  applied  in  
office  buildings  where  the  utilization  is  almost  exclusively  in  the  daytime.  
The  cooling  potential  is  strongly  influenced  by  the  thermal  excursion  between  day  and  night,  by  the  
air  flow  rate  and  by  the  thermal  capacity  of  the  building.  As  illustrated  in  figure  2,  a  thermal  mass  
realized  by  concrete  slabs,  heavy  weight  mass  walls  or  Phase  Change  Materials  (PCM)  incorporated  
in  the  building  structure  smooth  the  daytime  load  due  to  solar  radiation  and  store  the  cooling  effect  
of  nocturnal  ventilation.

Figure  2  –  Operation  day/night  of  a  building  that  exploits  nocturnal  cooling  driven  by  natural  forces  
(Web  ref.,  Jan.  2019)
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2.3.

Coupling  of  the  room  to  be  cooled  with  the  ground  or  an  aquifer  

Below  2-3  m  deep  the  ground  has  an  almost  constant  temperature  during  the  year  and  well  lower  
than  the  summer  air  temperature.  Aquifers  present  a  similar  behavior.  The  coupling  of  the  building  
with  the  ground  is  usually  obtained  through  buried  pipes  (figure  3).  The  cooling  effect  is  influenced  by  
many  parameters,  besides  obviously  the  geographical  location,  the  depth  of  the  pipes,  the  length,  the  
pipe   radius,   the   air   velocity.   A   peak   cooling   capacity   is   estimated   at   45   Wm-2   of   pipe   area   with   a  
seasonal  energy  performance  of  about  10  kWhm-2.  
If  an  aquifer  is  available  heat  dissipation  can  be  more  effective.  Two  wells  must  be  drilled:  one  for  
withdrawal  and  the  other  for  reinjection  at  a  proper  distance  one  from  another  as  to  avoid  a  possible  
detrimental  mixing  (figure  4).  The  aquifer  temperature  is  often  between  10  and  15  °C:  then  it  can  be  
useful  both  for  cooling  but  also  for  a  winter  preheating.  Even  if  ground  and  aquifer  are  mostly  used  
with  heat  pumps,  direct  use  for  cooling  and  preheating  is  encountered.  For  example  at  Groene  Hart  
Hospital  in  the  Dutch  city  of  Gouda  two  wells  spaced  150  m  from  each  other  supply  60  m3h-1  of  water  
at   a   summer   temperature      between   8   and   12   °C   which   is   reinjected   at   about   17   °C.   In   winter   the  
availability  from  the  previous  reinjection  well  at  about  15  °C  allows  an  air    preheating  with  the  water  
reinjected  at  7  °C.  Of  course  the  system  presents  an  energy  cost  for  lift  and  circulation  pumps:  for  the  
just  described  plant  the  average  seasonal  COP  is  claimed  at  13.5.  
  

Figure  3  –  Use  of  buried  pipes  in  
cooling  of  a  greenhouse  (Santamouris  
et  al.  1995)  

  
Figure  4  –  Two  wells  
(withdrawal-reinjection)  
for  the  use  of  an  aquifer  
both  for  summer  
cooling  and  winter  
preheating  (Barrios,  
2015)    

                                                                                  
  
  
Evaporative  cooling
2.4.

  

Cooling  effect  deriving  from  an  adiabatic  saturation  process  of  an  air  flow  (evaporative  cooling)  is  
well   known:   injecting   fine   droplets   of   water   at   (quite)   constant   enthalpy   into   an   air   flow   causes  
humidity  to  increase  and  temperature  to  decrease.  When  the  air  flow  is  outside  (external)  air,  you  
have  direct  evaporative  cooling.  Such  a  technique  is  useful  when  outside  air  enthalpy  is  lower  than  
inside  air    and,  at  the  same  time,  humidity  ratio    is  enough  lower  than  inside  air  to  be  able  to  face  
eventual  internal  latent  loads.  The  temperature  limit  of  evaporative  cooling  is  imposed  by  the  wet  
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bulb  temperature  of  the  air  to  be  cooled  (figure  5).  A  particular  technology  must  be  cited  that  allows  
to   approach   the   dew-point,   using   direct/indirect   evaporative   cooling   in   the   so   called   Maisotsenko  
cycle  (Jiradi  and  Riffat,  2014).  Even  if  direct  evaporative  cooling  can  be  considered  an  effective  and  
cheap  cooling  technology,  some  drawbacks  must  be  considered:  
•   It  can  be  used  only  in  a  hot  and  dry  climate  where  the  latent  loads  are  low.  
•   The   supplied   air   can   arrive   at   too   high   a   moisture   content   as   to   require   a   subsequent  
dehumidification.  
•   A  water  supply  is  required  with  a  potential  high  water  consumption  (Guan  et  al.,  2015).  
•   The  humidifier  needs  a  proper  maintenance  to  avoid  the  risk  of  bacterial  growth.  
  

Figure  5.  Specific  cooling  energy  (q)  and  lowering  of  the  temperature  (final  temperature  t2  –  initial  
temperature  t1)  obtainable  by    adiabatically  humidifying  air,  with  a  saturation  efficiency  η  =  100%,  
according  to  the  initial  temperature  (t1)  and  the  relative  humidity  (φ1)  

These  drawbacks  can  be  faced  with  some  measures,  such  as  the  use  of  atomizing  humidifiers  with  
pressurized  and  once-through  water  that  minimizes  a  possible  bacterial  growth  (Lazzarin  and  Nalini,  
2004)  or  the  indirect  evaporative  cooling  where  humidified  outside  air  cools  the  air  introduced  into  the  
room.  The  process  is  more  effective  when  the  humidified  air  is  the  discharged  air  as  temperature  and  
humidity  are  generally  more  favorable.  
The  most  effective  process  is  the  so  called  two  stage  system  where  indirect  and  direct  cooling  are  
used  (figure  6).  A  stream  G E  of  outside  air  exchanges  heat  with  a  stream  of  humidified  exhausted  air    
without   changing   its   moisture   content.   A   subsequent   proper   humidification   can   allow   to   reach   the  
desired  input  conditions.    

  
  
  
  
  
  
  
  
  
  
  
  
  
  

Figure  6  –  Scheme  of  a  
possible  indirect/direct  
evaporative  cooling  plant  

3.    ACTIVE  TECHNOLOGIES  
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Passive  cooling  technologies  usually  offer  a  marginal  contribution  to  a  building  air-conditioning,  so  
that  many  authors  propose  a  hybrid  system  which  couples  various  passive  technologies  (Heidarinejad  
et  al.,  2010)  (Farahani  et  al.,  2010).  More  frequently  the  hybrid  system  is  realized  with  passive  and  
active  technologies.          
Solar  radiation  intensity  strongly  influences  the  cooling  demand.  Therefore  a  lot  of  research  work  has  
been   devoted   to   solar   cooling   since   the   1973   first   energy   crisis.   Solar   energy   can   be   exploited  
obtaining  heat  with  thermal  solar  collectors  or  electricity  with  PV  cells.  Solar  cooling  requires  a  further  
transformation  of  heat  or  electricity  into  cooling  that  is  neither  simple  nor  cheap  (Noro  and  Lazzarin,    
2014).  A  system  is  usually  required  that  is  particularly  complex  when  the  starting  point  is  heat.        
Several   physical   principles   can   be   exploited   to   produce   solar   cooling   using   either   PV   electricity   or  
thermal   solar.   Some   examples   are   thermoelectric,   thermoacoustic   or   magnetic   refrigeration   using  
electricity   and   ejector   or   electrochemical   refrigeration   for   heat   driven   systems   (Kim   and   Infante  
Ferreira,  2008).  However  the  just  listed  technologies  are  under  development  and  very  few  products  
or  no  equipment  at  all  are  commercially  available  (IIR,  2017).  
The   main   alternatives   to   produce   a   cooling   effect   by   solar   energy   are   represented   in   figure   7   for  
equipment  present  on  the  market.  The  variety  of  heat  driven  systems  is  apparent.  

Figure  7  -  Alternative  routes  from  solar  energy  into  cooling  effect  

3.1.

Solar  thermal  cooling

The   physical   principle,   apart   the   transformation   of   the   collected   heat   into   mechanical   work,   is   the  
sorption  process  that  uses  the  physical  or  chemical  attraction  between  a  pair  substances:  the  sorbent  
and  the  refrigerant.  Sorption  can  be  operated  within  a  liquid  and  the  process  is  usually  an  absorption.  
When  sorption  is  operated  in  a  solid,  the  term  adsorption  is  used.  
The  first  discriminating  factor  when  the  cooling  technology  is  selected  is  the  available  temperature.  
Different  solar  collectors  technologies  allow  different  temperatures  at  an  acceptable  efficiency.  
In   the   past   the   most   widespread   solar   collector   was   the   flat   plate   collector   (FPC).   If   the   plate   is  
selective1  it  can  operate  till,  say,  90  °C.  Chinese  mass  production  recently  led  the  Evacuated  Tube  
Collector   (ETC)   at   the   top   of   the   sales:   the   careful   reduction   of   the   possible   heat   losses   allows   to  
collect  solar  heat  at  temperatures  of  the  order  of  160  °C.  Off  course  ETCs  can  work  at  90  °C  at  a  
higher  efficiency,  that  exceeds  the  FPC’s  at  the  same  temperature.  Both  FPCs  and  ETCs  are  fixed  
collectors.  Some  tracking  collectors  were  recently  put  on  the  market.  The  most  common  technology  
is  the  Parabolic  Trough  Collector  (PTC)  where  a  reflector  focuses  the  direct  solar  radiation  parallel  to  
the   collector   axis   onto   the   receiver   placed   on   the   focal   line   where   a   receiver   heats   up   a   fluid   to   a  
temperature   that   can   exceed   200°C,   as   the   small   receiver   area   minimizes   thermal   losses.   The  
tracking   system   operates   on   a   single   axis   that   is   oriented   in   the   N-S   direction   or   E-W   direction.    
1

A  selective  plate  is  highly  absorbent  in  the  solar  spectrum  and  highly  reflective  in  the  infrared  
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Another   less   widespread   concentrating   technology   on   the   market   is   based   on   Fresnel   reflective  
optics,  where  particular  reflectors  concentrate  sunlight  at  a  common  focal  point  similarly  to  PTCs.  
Thermal   collector   efficiency   h   is   defined   as   the   ratio   of   useful   thermal   energy   collected   Qu   and  
impinging  solar  radiation  Ib  onto  the  collector  in  the  same  time  period  (Ac  is  the  area  of  the  collector):  

Qu
dt
Ac
=
I dt

Eq.  (1)  
  
    
The   solar   collector   efficiency   can   be   formulated   by   a   second   order   curve   as   a   function   of   the   so  
called  reduced  temperature  Tm*  that  is  the  difference  between  the  average  temperature  of  the  fluid  
in   the   collector   and   the   ambient   temperature   divided   by   the   solar   radiation   intensity   (tm   is   the  
arithmetic  average  between  inlet  and  outlet  temperature  and  ta  is  the  ambient  temperature):  
  

Tm =
*

tm t a
I

tm = tin +

T
2

=

o

*
* 2
a1T m a 2 I (T m)

  Eq.  (2)  

Figure   8   gives   a   picture   of   the   three   solar   collectors   typologies   and   Figure   9   represents   typical  
efficiency  curves.  
  

  

Figure  8  –  From  left  to  right:  Flat  Plate,  Evacuated  Tube  and  Parabolic  Trough  Collectors  

                                                                      
  

    

  

Figure  9  –  Typical  efficiency  curves  of  the  three  typologies  of  considered  solar  collectors  (FPC  –  Flat  
Plate  (selective)  Collector,  ETC  –  Evacuated  Tube  Collector,  PTC  –  Parabolic  Trough  Collector)  
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Table  1  reports  possible  coefficients  of  the  efficiency  curves  of  high  performance  solar  collectors.  
The  first  coefficient  ho,  the  so  called  zero  loss  collector  efficiency  is  well  lower  for  PTCs  due  to  its  
inability  to  exploit  the  most  of  diffuse  radiation.  The  second  coefficient  a1  is  strictly  connected  with  
thermal  losses,  that  are  lower  the  lower  the  coefficient.  
As  previously  mentioned,  the  cooling  technology  strongly  depends  on  the  available  temperatures  of  
heat  supply.  Another  important  factor  in  a  cooling  cycle  is  the  sink  temperature.  The  usual  heat  sink  
is  the  outside  air,  that  can  be  employed  in  a  dry  cooler  or  in  an  evaporative  cooler  or  cooling  tower.  
Broadly  speaking,  the  main  alternatives  are  the  following  (Lazzarin,  2014):  
•   Adsorption   chillers,   water   as   refrigerant   adsorbed   by   silica   gel   or   zeolite.   Their   operative  
temperature  can  be  as  low  as  60-70  °C  with  rather  modest  COP2  of  the  order  of  0.4-0.5.  The  
machines  are  bulky  and  weighty.  They  should  preferably  cooled  by  a  cooling  tower.  
•   Single  effect  (SE)  absorption  chillers,  water  as  refrigerant  absorbed  by  an  aqueous  solution  
of   LiBr   or   ammonia   as   refrigerant   absorbed   by   water.   The   couple   H2O-LiBr   requires   a  
temperature  of  about  80-90  °C  arriving  at  a  COP  of  0.7-0.8.  A  cooling  tower  must  be  their  
heat  sink  to  avoid  the  risk  of  crystallization.  The  couple  NH3-H2O  can  be  air  cooled.  However  
the  requested  temperature  is  of  the  order  of  140-160  °C  and  the  COP  even  with  the  most  
efficient  GAX  cycle  can  be  slightly  higher  than  0.7.  
•   Double  effect  (DE)  absorption  chillers,  again  water  as  refrigerant  absorbed  by  an  aqueous  
solution   of   LiBr.   Higher   temperatures   and   pressures   in   the   solution   regeneration   allow   to  
operate  a  free  lower  pressure  solution  regeneration.  Consequently  the  COP  is  higher  and  
can  exceed  1.2  at  a  temperature  of  about  160  °C.  A  cooling  tower  must  be  provided.  
•   Desiccant  cooling  system:  unlike  the  previous  systems,  that  operate  in  a  closed  cycle,  it  is  
an   open   cycle   that   treats   directly   the   air   to   be   conditioned.   As   such   it   will   be   separately  
described.  
As  far  as  the  closed  cycle  chillers  are  concerned,  the  coupling  with  solar  collectors  is  illustrated  in  
figure   9,   where   the   vertical   lines   represent   a   possible   value   of   the   reduced   temperature  T m*      in   a  
sunny  summer  day.  Clearly  the  use  of  a  PTC  is  inappropriate  with  an  adsorption  chiller,  whereas  the  
same  is  true  for  a  FPC  with  a  double  effect  or  NH3-H2O  chiller.  
To  complete  the  picture  the  proposal  of  a  so  called  half-effect  H2O-LiBr  cycle  must  be  cited  (Kim  and  
Infante  Ferreira,  2009).  The  cycle  was  conceived  to  allow  an  air  cooling  even  in  extreme  hot  climate  
at  the  price  of  a  COP  as  low  as  0.3-0.4  even  with  a  temperature  above  80  °C  of  the  supplied  heat.  
No  such  a  device  is  actually  on  the  market.  
                                                                        
FPC
ETC
PTC
  
0.791
0.718
0.52
  
ho
  
-2 -1
a1 (Wm K )
3.94
0.974
0.52
  
  
a2 (Wm-2K-2)
0.012
0.005
0.0031
  
  

Table  1  -  Parameters  of  the  efficiency  curve  of  three  solar  collectors  (FPC  e  Flat  Plate  (selective)  
Collector,  ETC  e  Evacuated  Tubular  Collector,  PTC  e  Parabolic  Trough  Collector).  

The  scientific  literature  on  solar  thermal  driven  cooling  is  really  abundant,  starting  from  first  reports  
on  solar  houses  in  the  ’70  (Lazzarin  and  Noro,  2018).  Equipment  regarding  chillers,  solar  collectors,  
auxiliaries   as   storage   systems   or   controls   are   all   available,   Nonetheless   the   last   recording   of  
installations  worldwide  arrives  at  only  1,200  plants  till  2014,  most  in  Europe  (Montagnino,  2017).  In  
that  same  year,  more  than  100  million  units  vapor  compression  conditioners  were  sold.  The  reasons  
of  such  a  poor  performance  must  be  found  not  only  on  the  high  cost  of  the  systems,  but  also  on  their  
complexity.   Not   only   solar   collectors   and   heat   driven   chillers   must   be   provided,   but   also   suitable  
storages,   better   if   one   hot   and   one   cold,   and   an   intricate   circulation   system   with   related   pumps,  
whose  parasitic  power  must  be  not  underestimated.  A  good  design  is  a  difficult  task  that  must  keep  
in  mind  some  fundamental  principles,  actually  ten  key  principles  (Neyer  et  al.,  2018).  
To  evaluate  thermodynamically  the  various  alternatives  a  possible  parameter  is  the  Overall  System  
Efficiency  (OSE):  
2
COP of a thermal driven chiller is the ratio between the cooling effect and the supplied heat to regenerate the solution
or the adsorbent
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Eq.  (3)  
q0 q0 q g
  
OSE =
=
= COPth
  
qg I
I
  
that  is  the  ratio  between  the  specific  cooling  effect  per  unit  area  solar  collector  and  the  solar  radiation  
intensity  onto  the  collectors.  It  can  be  obtained  as  the  product  of  the  COP  and  the  solar  collector  
efficiency.  On  a  summer  daily  basis  it  can  be  of  20%  for  adsorption  chillers,  exceeding  40%  for  SE  
absorption  and  even  50%  for  DE  absorption  (with  ETCs).  Air  cooled  NH 3-H2O  remain  below  30%.  
  
Desiccant  cooling
3.2.
Due  to  the  peculiarity  of  the  system  it  is  separately  discussed  even  if  it  is  thermally  driven  and  the  
physical  principle  is  always  ad/absorption.  
The  air  to  be  introduced  into  the  room  is  processed  with  sorption  dehumidification,  natural  cooling    
and  humidification  (Gommed  and  Grossman,  2007)  
To   illustrate   how   it   works,   one   of   the   possible   operative   modes   can   be   described:   the   ventilation  
mode  with  all  fresh  air.  An  air  stream  from  the  outside  is  dehumidified  by  a  desiccant:  the  stream  is  
now  hot  and  dry  and  it  is  cooled  down  by  the  return  air  from  the  conditioned  space  that  is  first  cooled  
by  direct  evaporation  of  water.  The  return  air,  now  warm  and  humid,  is  further  heated  by  solar  heat  
so  that  it  can  regenerate  the  desiccant.  The  outside  air,  cooled  down  in  the  heat  exchanger  by  the  
return  air,  can  be  directly  supplied  to  the  conditioned  space  as  dry  air  or  can  be  further  cooled  down  
by   a   suitable   evaporative   cooling.   Figure   10   illustrates   a   possible   scheme   operating   with   a   solid-
desiccant   dehumidification   wheel,   a   rotary   heat   exchanger   and   evaporative   coolers;;   desiccant  
regeneration  is  produced  by  a  heating  coil  powered  by  a  solar  collector.  Liquid  desiccant  schemes  
are  also  available.  
They  do  not  produce  chilled  water  but  directly  treat  the  ventilation  air  and  can  be  applied  only  in  all  
air  installations.  Nevertheless  a  COP  can  be  defined  as  the  ratio  between  the  cooling  effect  and  the  
heat  requested  to  regenerate  the  desiccant.  Indicatively  a  possible  value  is  0.7-0.8,  even  if  strongly  
dependent  on  operating  conditions  (Henning,  2007).  The  comparison  with  the  previously  described  
system   is   not   completely   appropriate,   as   desiccant   cooling   provides   a   complete   AHU   particularly  
suitable  for  high  ventilation  rates  or  high  dehumidification  requests.   

Figure  10  –  Solid  
desiccant  solar  driven  
cooling  system  (Lazzarin  
and  Nalini,  2004):  
t=temperature,  °C;;  x=  
-
specific  humidity,  kgkga
1
-1
;;  h=enthalpy,  J  kga .  

  
  
3.3.

  
PV  driven  solar  cooling

The most obvious option for PV driven system is the vapor compression, very similar to conventional
refrigeration equipment, with the compression eventually driven by a DC motor (Figure 11). The
performance of the system is usually given by the COP (Coefficient of Performance), calculated as
follows:
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qo
  Eq.  (4)
E
where q0 is the specific cooling per unit PV area and E is the correspondent supplied energy.
Also for PV driven systems an OSE can be defined:
COP =

Eq.  (5)

q0

q E
OSE =
= 0 = COP
E I
I
and it can be evaluated as the product of the vapor compression COP and the PV efficiency.
  

Figure  11  –  Scheme  of  a  solar  PV  
driven  compression  air  conditioner  
(Kim  and  Ferreira,  2008)  

  
The  actual  commercial  PV  modules  efficiency  ranges  between  13  and  17%  in  standard  conditions  
(solar   radiation   intensity:   1000   Wm-2,   cell   temperature:   25°C).   As   the   efficiency   is   negatively  
influenced  by  higher  temperatures,  it  decreases  in  hot  sunny  days.  
PV   module   efficiency   has   been   steadily   increasing   these   last   years   and   commercial   PV   module  
efficiency  is  forecast  to  be  about  19%  in  2020  and  21%  in  2030  (IEA,  2014).    
The   COP   of   the   vapor   compression   chiller   strongly   depends   on   evaporator   and   condenser  
temperatures  and  on  the  quality  of  the  equipment.  Nowadays  an  air  cooled  chiller  may  present  a  
COP  of  3,  exceeding  4  when  cooled  by  a  cooling  tower.  Higher  quality  (and  more  expensive)  chillers  
are  already  on  the  market  with  COP  respectively  above  4  and  between  5  and  6.  
The  result  of  the  rising  efficiency  of  both  the  components  produces  the  summary  picture  of  figure  
12,  where  the  OSE  comparison  between  the  previously  described  thermal  driven  system  and  the  
PV  driven  is  carried  out  in  the  two  climates  of  Brussels  (cold  climate)  and  Trapani  (warm  climate)  in  
the  most  sunny  summer  month,  respectively  June  and  August  (Lazzarin  and  Noro,  2018).  The  more  
favorable  behavior  of  the  PV  driven  system  in  Brussels  is  due  to  the  lower  operative  temperature  of  
the  PV  cells  and  of  the  cooling  medium.    
Figure  12  -  Overall  System  
Efficiency  of  different  solar  
cooling  solutions;;  mSi,  
monocrystalline  Silicium  cells;;  VC-
w  and  VC-a,  vapor  compression  
chiller,  water  or  air  cooled  
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4.    CONCLUSIONS  
If   the   energy   efficiency   comparison   appears   unfavorable   for   the   solar   thermal   cooling,   when   the  
costs   of   investment   are   considered,   no   competition   seems   possible.   PV   modules   cost   has   been  
continuously  decreasing  with  a  dramatic  reduction  in  the  last  ten  years.  The  coupling  of  increased  
efficiency  and  decreasing  cost,  due  to  mass  production,    led  from  a  cost  of  about  5  €Wp-1  in  2005  to  
3€   in   2010,   1.5€   in   2015   and   to   less   than   0.5   €   in   2017   (NREL,   2017).   Even   adding   BOS   and  
installation  costs,  the  final  cost  is  less  than  2  €  .  Moreover  the  chiller  cost  is  about  a  half  than  for  
absorption  equipment  and  the  whole  system  is  by  far  simpler.  For  example  the  storage  function  is  
actually  assumed  by  the  grid  in  an  easy  and  cheap  way.  And  now  the  competition  of  solar  electric  
cooling  in  terms  of  overall  cost  is  rather  with  conventional  air-conditioning.  
Game  over,  then?  Not  yet  completely.  In  the  last  years  the  enormous  increase  of  ETC  installations  
in  China  (37  million  m 2,  of  which  about  85%  ETC  in  2017)  led  to  an  impressive  cost  reduction  at  a  
level  three  times  lower  than  in  the  European  market  for  the  ETCs  and  this  reduction  is  going  on.  
However  an  equivalent  market  has  not  arisen  for  the  absorption  chillers.  
A  middle  way  could  derive  from  a  hybrid  of  PV  and  solar  thermal  collector,  that  is  the  so  called  PV  
cogeneration,   shortly   PV/T   or   directly   PVT.   The   starting   point   is   the   fact   that   for   an   excellent   PV  
module  less  than  20%  of  solar  energy  is  turned  into  electricity.  The  left  80%  must  be  dissipated.  In  
a  PVT  the  unwanted  heat  is  instead  exchanged  with  a  fluid,  air  or  water,  so  that  it  can  be  useful  heat.  
In  the  past  the  risk  of  a  damage  of  the  PV  cells  in  stagnation  conditions  led  to  avoid  glazed  solutions  
so  that  a  low  level  heat  was  available.  Some  experiments  were  also  conducted  for  using  a  PVT  for  
night  radiative  cooling  (Eicker  and  Dalibard,  2011).  The  development  of  PV  cells  that  can  tolerate  
high  temperature  or  the  utilization  of  PVT  in  a  dual  source  heat  pump  system  might  allow  to  build  up  
solar  driven  plants  producing  all  year  building  heating  and  cooling.  
The  author  and  his  team  are  designing  and  realizing  a  plant  for  heating  and  cooling  of  a  nZEB  with  
DHW  production,  that  not  only  provides  all  the  required  energy  on  a  yearly  basis,  but  it  makes  also  
available  an  energy  surplus  for  the  grid.  A  simplified  scheme  of  the  system  is  represented  in  figure  
13.  The  two  possible  sources  for  the  heat  pump  are  PVT  thermal  contribution  and  the  ground.  Not  
represented   is   the   heating   or   preheating   of   DHW   by   PVT.   The   PVT   thermal   surplus   (mainly   in  
summer)  recharges  the  ground:  this  permits  a  PVT  cooling  that  favors  the  electrical  efficiency.  
Details  of  this  plant  is  reported  just  in  this  Congress  (Lazzarin  and  Noro,  2019).  

  

  
Figure  13  –  Dual  source  heat  pump  plants  PVT  modules  and  ground  thermal  probes  
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ABSTRACT
Nowadays, comfortable and efficient heating, ventilation, and air conditioning (HVAC) systems in
buildings are highly desirable. Traditional vapor-compression devices exhibit a low coefficient of
performance (COP) (typically 2.8–3.6) due to the cooling-based dehumidification. Temperature-and
humidity-independent control (THIC) systems have been proposed to overcome the challenges;
however, their COP is hindered by the sorption heat effect. Here, we report on a solid desiccant heat
pump (SDHP) based on desiccant coated evaporators/condensers (DCEs/DCCs). The desiccants
adsorb moisture almost isothermally and can be regenerated by the condensation heat. With the
optimized refrigerant and desiccant, our proposed DCCs/DCEs feature a weakly-coupled heat and
mass transfer. The system exhibits a COP of 6~7, doubling the efficiency of heat pumps currently
used in household, which opens a window for the future development of HVAC systems and also a
broad range of THIC applications.
Keywords: Desiccant Coated Heat Exchanger, Solid Desiccant Heat Pump, Weakly-couple Heat and
Mass Transfer, Desiccant

1. INTRODUCTION
Improving energy efficiency with adequate humidity control capacity and sufficient fresh air
ventilation is a long-standing focus of HVAC systems. A traditional vapor-compression (VC) air
conditioner, which adopts the cooling-based dehumidification method to handle sensible and latent
loads altogether, operates at a lower evaporation temperature (5–7°C). This results in a lower COP
(2.8–3.6, in general). To solve this problem, considerable efforts have been made to develop efficient
alternative refrigeration systems such as caloric-based technologies(Bansal, 2016) and innovative
system designs such as temperature-and humidity-independent control (THIC)(Tao et al., 2014).
Although caloric-based technologies show great potential for energy savings, they are still far from
being practically applied. A THIC system usually consists of a thermally driven dehumidification unit
and a VC specializing in handling the sensible heat load. It was reported that THIC systems might
save 25–50% of electrical consumption(Tao et al., 2014) by adopting a higher evaporation
temperature. However, the COP (latent load divided by primary thermal energy input) of current
solid-desiccant systems is quite small, typically ranging from 0.5 to 1.0(Lowenstein, 2008) due to
high regeneration temperature. Even though solar heat or industrial waste heat can sometimes be
used, a large volume and high utility cost limits the large-scale application of solid-desiccant systems
in residential buildings.
It is quite natural to consider whether desiccant dehumidification could be used isothermally, while
desiccant regeneration can be handled by the waste heat (condensing heat) from the air-conditioning
system. The sensible load is handled in the same way as before, by convection, but without
overcooling (an evaporation temperature approximately 15–17°C). Therefore, the processed air
leaving the evaporator satisfies the requirement for supply air. This is the first time, to our knowledge,
that a high-efficiency approach has been devised that inherits advantages of THIC, but also has the
merits of compactness, low cost, and realization of the effective utilization of condensation heat..

2.

IDEAL THERMODYNAMIC PROCESS OF THE HVAC

As mentioned before, traditional VC system, traditional desiccant cooling system, hybrid desiccant
air-conditioning system and solar desiccant cooling system are representative techniques of HVAC,
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with their air treatment processes depicted in Fig. 1(a). (taking Shanghai summer condition as an
example: two mixed flows of outdoor air (OA: 35oC, 60%RH) and indoor air (RA: 25 oC, 50%RH),
denoted as MA1 and MA2, are processed in the device and then discharged respectively as supply
air (SA) and exhausted air (EA)).

(a)
(b)
Figure 1: The thermodynamic process of the air and desiccant in SDHP(Hua et al., 2019)

The most compact and widely-adopted system, traditional VC, takes advantage of the cooling
dehumidification technique and condenses the excess moisture in MA1 by directly cooling it down
to the dew point of the desired SA. Therefore, the outlet air of the evaporator would be with satisfying
humidity but low temperature (SA dew point<SA dry-bulb temperature) and need to be reheated
before exhausting. Such process of overcooling and reheating is a waste of energy.
The traditional desiccant cooling(Jia et al., 2007) and the hybrid desiccant air-conditioning(Jia et al.,
2006), as indicated by their names, manipulate the air humidity via desiccant. The desiccation
process in such system, without a cooling source, is normally isenthalpic and features high outlet
temperature due to the release of adsorption heat. Auxiliary sensible handling equipment is thus
imperative to be adopted.
Air flowing through a solar desiccant cooling device would at first experience a process of latent heat
handling in the desiccant coated heat exchangers (DCHEs) without temperature change. That is,
the side effect of the sorption heat can be suppressed by the single-phase cooling media. Afterwards,
the air should be further cooled via VC or other methods(Saeedand Al-Alili, 2016). The ideal process
of the sensible and latent heat handling, otherwise, should be more straightforward, as indicated with
the red curve in Fig. 1(a).
The sorption isotherm of a typical desiccant is shown in the sub-graph of Fig. 1(b). The curve is
assumed insensitive to temperature variation, indicating the biunivocal correlations between the
moisture content of the material and the relative humidity ratio of the air in (thermal and
concentration) equilibrium with it. Therefore, the points in psychrometric chart can also present solid
desiccant conditions(Li et al., 2010). Fig. 1b then illustrates the ideal adsorption-desorption cycle of
the solid material which can realize the above-mentioned process of air handling. The desiccant at
point ① is cold and dry, hence it can dehumidify and simultaneously cool down the air flowing
through it (MA1). A cold source is imperative to facilitate the process by taking away the sensible
and adsorption heat transferred to the desiccant timely (①-②). After a while, the adsorption ability
of the adsorbent begins to decay, due to the abundant moisture inside. It is then the time to introduce
a hot source to warm the desiccant up (②-③) and trigger the desorption. During the following
regeneration process (③-④), the coated desiccant at a relatively high temperature releases heat
and water vapor into the MA2, and the heat source keeps heating the desiccant to compensate the
sensible and latent heat dissipation. After the material is sufficiently dried up, it should be again
cooled by the cold source, retuning to point ①.
In summer/winter, MA1/MA2 is treated by the process ④-①-②/②-③-④, and then discharged as
supply air to manipulate the indoor environment. Assuming efficient mass and heat transfer, the
processed air is always approaching equilibrium with the desiccant. The averaged supply air
temperature and humidity are defined as in Eq. (1). Accordingly, to supply air of stable temperature,
processes ①-② and ③-④ are expected to be isothermal. Also, temperature variation processes
②-③ and ④-① should be as quick as possible, so that there is scarcely any mass transfer to the
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air during the periods. That is, ②-③ and ④-① are along the iso-relative humidity lines in the
psychrometric chart.

 summer : TSA =
 TSA ( t ) dt tad ,YSA = ④→① →② YSA (t ) dt tad


④ →① →②

 winter : TSA =  TSA ( t ) dt tde ,YSA =  YSA ( t ) dt tde

② →③ → ④
② →③ →④


Eq. (1)

(a)
(b)
Figure 2: The schematic of SDHP and its working principle(Hua et al., 2019)

To implement the above cycle, the desiccant is coated onto the surface of a traditional air-torefrigerant heat exchanger (DCHE). Refrigerant can facilitate the operation of DCHEs by removing
the adsorption heat/replenishing the heat used for regeneration in time during cooling/heating phase.
The solid desiccant heat pump (SDHP, as shown in Fig. 2) is then proposed to combine a VC system
with DCHEs (transforming to DCEs/DCCs).
Same as the conventional VC system, the refrigerant in the SDHP operates as depicted in Fig. 2 (a):
after absorbing the heat in the evaporator, the refrigerant vapor is compressed in the compressor,
condenses in the condenser and expands through the throttling device, then the cold refrigerant
goes to the evaporator again. The evaporator/condenser in this system would adsorb/desorb heat
and moisture to/from the air simultaneously if facilitated by the cold/hot fluid. Then, when the
evaporator/condenser is saturated/dried up, it is time to switch over the four-way valve, exchanging
the position between the evaporator and the condenser. Thus, the SDHP features a process of
periodic switchover of the evaporator and condenser. The air duct should also be re-constructed, to
persistently guide the cooling air into the condenser. Fig. 2(b) emphasizes that the evaporation/
condensation of refrigerant coincides with the process ④-①-②/②-③-④ of the desiccant.

3. REFRIGERANT AND DESICCANT SCREENING
3.1.

New Operational Temperature

As shown in Fig. 3(a), the adsorbed water amount of local desiccant and the water vapor
concentration in desiccant pores are correlated by the sorption isotherms. Hysteresis phenomenon
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of the desorption isotherms is observed for typical mesoporous desiccant. Isotherms at different
temperature seem divergent, however, when the adsorbed water content is depicted against water
vapor relatively humidity in pores, the isotherms approximately coincide with each other (Fig. 3(b)).
The process ①-②-③-④ shown in Fig. 1(b) can also be depicted in Fig. 3(a). As the time of
adsorption/desorption goes by (t→∞), the water vapor in desiccant pores would reach equilibrium
with the external airflow. It is assumed in our study that the condenser has been regenerated
completely before it is transformed into the evaporator (set as time origin). That is:

(a)

(b)
Figure 3: The isotherms of typical mesoporous desiccants
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Eq. (2)

)

= RH eq Weq ,de ( RH de, ,TS ,cond ) ,TS ,evap  RH de,

Patm − RH ad ,0 Ps (TS ,evap )

= 0.622

PMA 2 Ps (TS ,evap )

Eq. (3)

Patm Ps (TS ,cond ) − PMA 2 Ps (TS ,evap )

W eq,ad(RH,T) and W eq,de(RH,T) are respectively adsorption and desorption isotherms of desiccant,
with RHeq,ad(W,T) and RHeq,de(W,T) as their inverse functions at temperature T. Obviously, in summer
condition, the desiccant surface temperature and humidity at evaporation phase are restricted by the
supply air conditions (TSA, YSA), as shown in Eq. (4).

TS ,evap  TSA


PMA2 Ps (TS ,evap )

 YSA
Yad ,0  YSA  0.622
P
P
T
−
P
P
T
(
)
(
)
atm
s
S
,cond
MA
2
s
S
,evap



Eq. (4)

Tevap = TS ,evap − 2o C = TS ,evap − 2o C = TSA − 6o C,Tcond = TS ,cond + 2o C

Yad ,0 = YSA − 4 g kg

Eq. (5)

Based on the above estimation (Eq. (5)), the range of system evaporation and condensation
temperature can be obtained (Fig. 4). According to Fig. 4, under typical summer conditions (supply
air condition: 16-22oC, 7.5-9.5g/kg, regeneration air condition: 17-30g/kg), the evaporation and
condensation temperature of the SDHP are respectively among the interval 10-20oC and 40-50oC.
The governing equations illustrating the mass transfer process of the system is derived as in Eq. (6),
with the initial and boundary conditions listed in Eq. (7). Eq. (6)–(7) can be simplified to get analytical
solution Eq. (8), which reveals that the dehumidification capacity of the SDHP is governed by DCHE
configurations, air flow field, switchover period, operational conditions and desiccant properties. In
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the respect of desiccant, two parameters ρdΔW∞ and aρd in Eq. (8) are proposed as criteria for
desiccant screening, with their physical meanings illustrated in Fig. 3(b) and Eq. (9). Based on Eq.
(9), variables ΔW∞ and a are nearly proportional.

(a)
(b)
Figure 4: The estimated operational temperature of the SDHP under typical summer conditions
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 const at one specific temperature
S ,evap
 Yda

Eq. (9)

Wd ( t ) − Wad ,0

3.2.

Eq. (6)

Refrigerant Screening

The adopted refrigerant in SDHP should be compatible with the new operational temperature range.
Promising candidates are HFC refrigerants and novel refrigerant R-1234yf, with their properties listed
in Table 1. and Fig. 5. The optimal ones for SDHP is R410A and R32 due to their high COP and
volumetric refrigeration capacities.
Table 1. The important properties of refrigerant candidates
Medium

System*

R152a

VC
SDHP

Low
Pressure
(MPa)
0.3148
0.4386

High
Pressure
(MPa)
1.0368
1.0368

Pressure
Ratio

COP

3.29
2.36

5.68
8.15

Discharge
Temp
(oC)
61.6
58.2

Volumetric Refrigeration
Capacities (MJ/m 3)

Viscocity
(µPa•s)

2.24
3.17

9.334
9.691
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R134a
R32
R407C
R410A
R417A
R1234yf
R22

VC
SDHP
VC
SDHP
VC
SDHP
VC
SDHP
VC
SDHP
VC
SDHP
VC
SDHP

0.3497
0.4884
0.9514
1.2808
0.5469
0.7557
0.9362
1.2584
0.5471
0.7415
0.3729
0.5103
0.5841
0.7893

1.1599
1.1599
2.7948
2.7948
1.7536
1.7536
2.7335
2.7335
1.6389
1.6389
1.1538
1.1538
1.7292
1.7292

3.32
2.37
2.94
2.18
3.21
2.32
2.92
2.17
3.00
2.21
3.09
2.26
2.96
2.19

5.43
7.85
5.19
7.44
4.99
7.20
4.95
7.11
4.89
7.14
5.11
7.5
5.47
7.84

53.8
52.6
80.3
71.6
61.1
58.1
66.9
62.4
52.5
51.8
46.9
47.6
67.3
62.5

2.32
3.34
5.8
7.89
3.28
4.66
5.15
7.09
2.73
3.94
2.14
3.08
3.66
5.03

10.9111
11.291
11.751
12.258
11.756
12.163
12.479
13.046
11.348
11.775
11.363
11.807
11.578
12.025

R22
R1234yf
单位容积制冷量
Volumetric Refrigeration
(MJ/m³)
COP2
COP of SDHP

R417A
R410A

Capacity (MJ/m3)

R407C

R32
R134a
R152a

0

2

4

6

8

Figure 5: COP and volumetric refrigeration capacities of refrigerant candidates

3.3.

Desiccant Screening

To find the optimal desiccant, a comprehensive comparison of water adsorption quantity and
regeneration ability between different desiccants is given in the following figure (Fig. 6). Notably,
composite desiccant materials have improved water adsorption capacity with the support of
impregnated salts. And by proper selection of host matrix and immersed salts, i.e. clay/chlorine salt
composite materials, regeneration temperature as low as 40oC can be achieved.

Figure 6: Water adsorption quantity and regeneration ability of recent desiccants(Zheng et al., 2014)

In our study, composites desiccant consisted of different salts (LiCl, LiBr, CaCl2) and host matrix
(SGA-microporous silica gel, SGB-mesoporous silica gel, SGC-wide meshed silica gel, SBA-15,
MCM-41, AC-active carbon, ACF-active carbon fiber, DE-mesoporous diatomaceous tourmaline) are
manufactured and tested in order to match the dehumidification demand of the novel system. The
results are illustrated in Fig. 7-8 and Table 2. It is noteworthy that, for composite desiccants, the
adsorption amount is not only restricted by its water adsorption capacity, but also pore volumes Vt
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(Eq. (10)), which can be derived from the nitrogen isotherms. Otherwise, adsorbed liquid would
overflow from the pores and results in lyolysis. That is, the screening criteria for composite desiccant
is to maximize ρdΔW rather than ρdΔW∞. According to Table 2., the optimized desiccant is made by
impregnating the salt LiCl into mesoporous silica gel SGB.

W = min ( W ,Wlimit ) ,Wlimit =  waterVt

Eq. (10)

(a)
(b)
Figure 7: (a) Nitrogen and (b) water sorption isotherms of composite desiccants (Zheng et al., 2014)

(a)
(b)
Figure 8: (a) Nitrogen and (b) water sorption isotherms of composite desiccants with different matrix
Table 2. Important parameters of composite desiccants with different matrix
Desiccant

△W ∞ (g/g)

△Wlimit (g/g)

△W (g/g)

ρd (kg/m3)

ρd△W (kg/m 3)

SGB/LiCl

0.37

0.54

0.37

933

345

SGC/LiCl

0.38

0.69

0.38

900

342

MCM-41/LiCl

0.30

0.40

0.30

267

80

SBA-15/LiCl

0.42

0.81

0.42

233

98

AC/LiCl

0.70

0.11

0.11

1367

150

ACF/LiCl*

0.83

-

0.83

267

221

DE/LiCl

0.35

0.16

0.16

1267

202

4. HEAT AND MASS TRANSFER PROCESS OF THE DCHE
4.1.

The Heat and Mass Transfer Coefficient

An experimental apparatus is associated with an open loop flow system that has been fabricated
and designed to obtain the heat transfer, mass transfer, coefficient of performance and pressure
drop characteristics of DCHE and conventional heat exchanger. The experimental setup is
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schematically illustrated in Fig. 9, while the configuration of the DCHEs, along with its manufacture
process, is shown in Fig. 9(a).
The obtained results is summarized in Fig. 10. Generally, the desiccant coating slightly subdues the
heat transfer capacity of the heat exchangers, on the other hand, the friction is obviously enhanced
by the coarse surface. The mass transfer performance of the DCHE is also analysed. The data
reveal that the DCHE can handle around 10-60g moisture per second per area, which is a
remarkable amount for a household dehumidifier.

(a)
(b)
Figure 9: Schematic diagram of the (a) DCHE (b) experimental set-up(Sun et al., 2017)

(a)

(b)

(c)
(d)
Figure 10: (a) Heat transfer coefficient (b) Effectiveness of heat exchangers (c) Mass transfer (d)
Pressure drop of different type of DCHE(Sun et al., 2017)

4.2.

The Weakly-Coupled Heat and Mass Transfer

Based on lumped parameter method, the heat and mass transfer model of the DCHE can be derived
as in Eq. (11). Analytical solution of Eq. (11) is then listed in Eq. (12). During the process ②-③ and
④-① shown in Fig. 1(b), energy is consumed to overcome the cold-hot offset of DCHE due to the
switchover, while the coefficient KF in Eq. (12) denotes the rate of this process. A high value of KF
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could facilitate the DCHE by accelerating the temperature variation process and decreasing the
energy consumption during the process. Meanwhile, the coefficient KS dominates the tendency of
SA humidity. To implement the ideal process shown in Fig. 1, the value of KF and Ks should be larger
than 0.25 and 0.001 s-1 respectively.
 Ta − THX
=Ga C p ,a (Tai − Tao )

 Ra
T − T
 ( qstWd )
T − Tr
T
HX
 a
− HX
+ Md
= C p ,HX M HX HX
Rr
t
t
 Ra


T
THX − Tr
= C p ,r M r r
Gr C p ,r (Tr ,i − Tr ,o ) + R
t
r


Wd
= Ga (Yai − Yao )
M d
t


Eq. (11)

Tao = Tao , + (Tao ,0 − Tao , ) e− K F t = M + Ne − K F t , K F  0.25s −1


M d w K s − Ks t
e , K S  0.001s −1
Yao = Yai −
G
a


Eq. (12)

Figure 11: (a) Typical evolutions of outlet air temperature and humidity ratio (b) Transient
temperature difference ΔTa and humidity ratio ΔYa (c)/(d) Comparison of the experimental results
ΔWd/ΔYa with the theoretical predictions(Tu et al., 2017)

Eq. (12) can be validated by curve-fitting the experimental data. The values of the fitting parameters,
M, N, KF, ΔW∞ and KS are listed in Table 3. Comparing the values of KF and Ks listed in Table 3., it
can be seen that with the inlet water temperature Tri decreasing, KF nearly keeps static while Ks
jumps down sharply for both DCHEs. This seems to suggest that the change rates of outlet air
temperature Tao and humidity ratio Yao are independent. The KF is much smaller than the desired
value due to the finite specific heat of single-phase refrigerant. If two-phase media is adopted, the
KF can be improved remarkably (>0.25s -1). In this case, the Ks is two order of magnitude less than
KF. That is, the temperature-variation in DCHE can reach to a stable value quickly, while the humidityvariation can be approximated as a linear function with time. Correspondingly, the averaged SA
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temperature and humidity can be altered separately by varying evaporation temperature and
switchover period.
Table 3. Test conditions and curve-ﬁtting parameters(Tu et al., 2017)

5. HIGHLY EFFICIENT HEAT PUMP
5.1.

Simulation Study

The dynamic mathematical models for core components and the SDHP system are built to clarify
and to guide the experimental study. Fig. 12 illustrates the calculation algorithm of the system model.
Under dynamic operation, the process is repeated every time step with the updated initial conditions
from one time step before.

Figure 12: Framework of the system simulation of the SDHP(Hua et al., 2019)

(a)
(b)
Figure 13: The characteristics and performance of the different elements of the SDHP (a) outlet air
and refrigerant conditions (b) heat load and estimated COP(Hua et al., 2019)

The numerical study shows that, after several minutes of fluctuation and quick self-regulation, the
SDHP features periodical performance given arbitrary initial conditions. According to Fig. 13(a),
within one cycle, the evaporation temperature fluctuates between 16 oC and 19oC, while the
condensation temperature gradually increasing from 38 oC to 52oC. It also reveals that the humidity
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removal/regeneration in DCEs/DCCs happens together with the temperature reduction/recover, and
thus validates the possibility of the simultaneous handling of sensible and latent load in such system.
The averaged supply air condition is 23 oC, 9g/kg. The enthalpy increase of the refrigerant in SDHP
does not equal the enthalpy decrease of the air, due to the existence of the transient heat load. The
air-side value is deemed more reasonable. The COP calculated at the air-side, as shown in Fig.
13(b) obtains a maximum of 7.79 at 84s with the averaged value of 7.19.
5.2.

Experimental Study

For the first demonstration of this approach, we developed a single packaged SDHP including two
parts, a vapor compression loop and air ducts, both of which are located in a cabinet with two air
inlets (outdoor air, OA, and return air, RA) and two air outlets (supply air, SA, and exhaust air, EA)
(Fig. 14). Two identical DCHEs in a vapor compression loop work as an evaporator or condenser
interchangeably with the assistance of a four-way valve. Correspondingly, the processing air (mix of
OA and RA) and the exhaust air (mix of OA and RA) can be switched to the evaporator and
condenser by using the front duct air switch. The outlet air of the evaporator and condenser can be
directed to SA and EA by utilizing the back duct air switch.

Figure 14: Schematic of the single packaged SDHP system(Y.D. Tu et al., 2017)

Figure 15: (a)Supply air and (b) energy performance of the SDHP under typical summer
condition(Y.D. Tu et al., 2017)

The performance of the demonstration has been tested under a common scenario in Summer for
room air conditioning (outdoor 35°C/60% RH and indoor 25°C/50%RH, 70% outdoor fresh air). The
experimental results (Fig. 15) show that the condensation temperature approaches 43°C, the
evaporation temperature is approximately 13°C, the average supply air dry bulb temperature is
approximately 20°C, the humidity ratio is approximately 8.5g/kg dry air (50%RH), and the power
consumed by the compressor and fans are roughly 980 and 149 W, respectively. In other words, the
total cooling capacity is 7.0 kW with a compressor COP of approximately 7.14 and a system COP of
6.2. These are nearly double the values of current conventional room air conditioners.
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6. CONCLUSIONS & PERSPECTIVES
In this study, a novel heat pump system-solid desiccant heat pump, its construction process and
evaluation method is comprehensively analyzed. The significant findings are listed as followed:
1. Based on the new operational temperature, the optimal refrigerant is R410A and R32.
2. Based on the mass transfer mechanism, the screening criteria (maximizing ρ dΔW) for desiccant
is proposed. The composite desiccant LiCl/mesoporous silica gel is regarded as appropriate one.
3. The desiccant-coated heat exchangers feature weakly-coupled heat and mass transfer process.
4. Simulation and experimental study shows that the system COP is around 7.2 under typical
Summer conditions, doubling the efficiency of pumps currently used in conventional room air
conditioners.
The above research results have shown the great potential for comfortable and high efficient HVAC
system by using DCEs/DCCs. Such idea could be used for air-duct HVAC systems effectively, it is
especially recommended to the uses in high humidity areas due to its high capability in handling of
latent heat, public buses and trains due to high demand on fresh and also clean air, comfortable AC
for the old people and young children and the patients in hospitals. it could be also used
independently as a dehumidification equipment with significant efficiency improvement in
comparison with conventional dehumidification systems (desiccant rotor, liquid desiccant tower, low
temperature condensing devices).
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ABSTRACT
This study investigates evaporation heat transfer characteristics of several refrigerants with low
global warming potential (GWP) in different types of plate heat exchangers. Brazed plate heat
exchanger and shell and plate heat exchanger, which are widely used in a refrigeration system, are
used as test sections. Hydrofluoroolefin (HFO) refrigerants with low GWP such as R1234yf,
R1234ze(E), and R1233zd(E) are used as working fluids. The evaporation heat transfer coefficient
and pressure drop of the low GWP refrigerants in the plate heat exchangers are measured and
analyzed by varying the saturation temperature, mass flux, vapor quality, and heat flux. Based on
the performance comparison between the plate heat exchangers, the brazed plate heat exchanger
shows higher heat transfer coefficient, whereas the shell and plate heat exchanger exhibits an
advantage in the low pressure drop.
Keywords: Low GWP, Alternative refrigerant, Plate heat exchanger, Shell and plate heat exchanger.

1. INTRODUCTION
Conventional refrigerants with high global warming potential (GWP) have been restricted by the
regulations (UNFCCC, 1992, EU, 2006) that prohibit greenhouse gas emissions. Numerous studies
(Hossain et al., 2013, Vakili-Farahani et al., 2013, Jankovic et al., 2015) have been carried out to
propose appropriate alternative refrigerants for given applications. Hydrofluoroolefin (HFO)
refrigerants, which have ultra-low GWP (GWP less than 10), have been proposed as powerful
candidates for alternative refrigerants. HFOs exhibit short atmospheric lifetime owing to an unstable
double bond in the molecule.
The heat transfer coefficient and pressure drop of a refrigerant are important parameters to optimally
design heat exchangers in a refrigeration system. Especially, it is required to investigate the heat
transfer characteristics of low GWP refrigerants in advanced heat exchangers to cope with the
environmental issues. In addition, plate heat exchangers have been widely adopted in refrigeration
industries owing to high compactness and efficiency. Accordingly, it is essential to develop empirical
correlations of the Nusselt number and two-phase friction factor for optimal design of the plate heat
exchangers. Experiments with smooth tubes have been conducted extensively (Diani et al., 2014,
Guo et al., 2018, Longo et al., 2019). However, comprehensive experimental studies on the heat
transfer characteristics of low GWP refrigerants in the advanced plate heat exchangers are very
limited. In this study, the evaporation heat transfer characteristics of low GWP refrigerants including
R1234yf, R1234ze(E), and R1233zd(E) were measured in a brazed plate heat exchanger (BPHE)
and a shell and plate heat exchanger (SPHE), which are commonly used heat exchangers in
refrigeration industries. The heat transfer characteristics of the low GWP refrigerants were analyzed
according to operating parameters. Finally, the heat transfer performances of the plate heat
exchangers were compared.
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2. EXPERIMENTAL SETUP
2.1.

Experimental Apparatus

The experimental setup consists of three flow loops: refrigerant, water, and ethylene glycol. The
refrigerant loop is composed of a liquid pump, pre-heater, test section, condenser, and receiver. The
pump circulates the refrigerant through the test section. The pre-heater controls the inlet vapor
quality of the refrigerant entering the test section. After the refrigerant evaporates in the pre-heater
and test section, it flows to the condenser which absorbs heat from the refrigerant. Accordingly, the
refrigerant fully condenses in the condenser and flows back to the receiver. The related process is
described in Fig. 1. The water loop is connected to the test section in order to supply heat. The water
and ethylene glycol loop are connected to cooling and heating chillers, separately. The ethylene
glycol loop is assembled with the condenser in the refrigerant loop to control the saturation
temperature of the test section.
The commercial BPHE and SPHE, which are manufactured by SWEP and FROST, respectively, are
used as test sections. The major differences between the plate heat exchangers are the geometry
of the plate and the configuration of the channel. The shape of the BPHE is rectangular, while that
of the SPHE is circular. As shown in Fig. 2, the refrigerant channel is surrounded by the water
channel in the SPHE, whereas the two flow channels are configured side by side in the BPHE. Both
plate heat exchangers have chevron angle of 60º.

Figure 1 : P-h diagram of the experimental process

Figure 2 : Geometries and flow channel configurations of BPHE and SPHE
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2.2.

Test Condition

The evaporation heat transfer characteristics of the low GWP refrigerants in the plate heat
exchangers were measured by varying the saturation temperature, mass flux, vapor quality, and
heat flux. The saturation temperatures for R1234yf and R1234ze(E) were set to 5–15℃, and that for
R1233zd(E) was set to 60–80 ℃. The main applications for the former two refrigerants are
refrigeration cycles, whereas R1233zd(E) is mainly used in an organic Rankine cycle (ORC) in which
the working temperature of the evaporator is high. In the BPHE, the mass flux, vapor quality, and
heat flux were varied in the range of 21–58 kg s–1 m–2, 0.1–0.9, and 3–10 kW m–2, respectively. Since
the size of the commercial SPHE was generally larger than that of the BPHE, the mass flux and heat
flux were downgraded to 20–40 kg s–1 m–2 and 2.7–6.8 kW m–2, respectively.

3. RESULTS AND DISCUSSION
The frictional pressure drop was influenced by viscosities and densities of the liquid and vapor
phases. The large density difference between the liquid and vapor phases of R1234ze(E) resulted
in a higher pressure drop owing to the high velocity difference between the phases. Since the
viscosity and density differences of R1234ze(E) were 22% and 7%, respectively, higher than those
of R1234yf, R1234ze(E) exhibited a higher pressure drop. In addition, the large liquid-vapor density
ratio of R1234ze(E) caused high void fraction, resulting in a thin liquid film. Accordingly, the thin
liquid film accelerated the evaporation process, which is the key mechanism for convective boiling.
Therefore, the evaporation heat transfer coefficients of R1234ze(E) were higher than those of
R1234yf even though R1234ze(E) showed 12% lower thermal conductivity than R1234yf.
Fig. 3 compares the heat transfer coefficient and pressure drop of R1234ze(E) in the BPHE and
SPHE. The differences in flow characteristics between the plate heat exchangers can be explained
by geometric configurations. Since the channel of the SPHE is a circular shape, the liquid phase
tends to flow toward the perimeter of the channel, while the vapor phase flows straight to the outlet
port. The detouring flow path in the liquid phase could reduce the effect of the corrugation. Therefore,
the heat transfer coefficient and frictional pressure drop of the SPHE were lower than that of the
BPHE owing to the decreased turbulent flow. Exceptionally, the evaporation heat transfer coefficients
of the BPHE at high vapor qualities with the mass flux of 30 kg s–1 m –2 were lower than those of the
SPHE. At the high vapor qualities with the low mass flux condition, the evaporation heat transfer
coefficient decreased as the vapor quality increased, which was also reported in the previous studies
(Táboas et al., 2012, Lee et al., 2014). This may be due to the partial dry-out at the low mass flux
condition. The dry-out quality in the SPHE was higher than that in the BPHE because the liquid
phase concentrated at the perimeter of the channel helped to wet the plate surface at the low mass
flux condition.

Figure 3 : Comparison of heat transfer performance between BPHE and SPHE.
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4. CONCLUSIONS
The experiments were performed to evaluate the evaporation heat transfer characteristics of the
alternative refrigerants with low GWP in the plate heat exchangers. The properties such as the
thermal conductivity, densities of liquid and vapor, and viscosity influenced the evaporation heat
transfer characteristics of each refrigerant. R1234ze(E) showed higher heat transfer coefficient and
pressure drop than R1234yf because of its high-density difference between the liquid and vapor
phases. The heat transfer characteristics were also compared between the BPHE and SPHE. Based
on the performance comparison, it was found that the shape of the flow channel was the major
reason for the different trends in the heat transfer performance. Since the circular shape of the flow
channel made the liquid phase flow along the perimeter of the channel, the flow in the SPHE was
less affected by the plate corrugation. Accordingly, the BPHE had strength in the heat transfer
perspective, while the SPHE was preferable in terms of the pressure drop.
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ABSTRACT  
Cryopreservation  technology  is  used  in  some  places  of  biomedical  area.  As  a  cardiac  surgeon,  I  
have  seen  for  a  long  time  that  cryopreservation  technology  is  used  in  the  most  serious  condition  
patients  in  our  field.  That  is  the  infectious  disease  of  cardiac  valves,  especially  infection  of  artificial  
valve   and   graft.   In   this   lecture   I   will   show   why   cryopreservation   has   an   important   role   in   this  
particular  area,  and  that  procedure  how  the  cryopreservation  valve  is  used.  Also  I  will  discuss  some  
storage  issues  to  be  invented.     
Keywords:  tissue  allograft,  cryopreservation,  homograft,  lazer  sealer,  cryobag  
  
1.	
  INTRODUCTION  

Cryopreservation   of   human   tissues   has   been   performed   more   than   over   30   years.   Before   an  
artificial  prosthesis  came  to  the  world,  human  allograft  tissues  were  used  as  surgical  prostheses.  
Since   artificial   prostheses   were   available,   fresh   human   allograft   tissues   disappeared   and   low  
temperature  preservation  tissues  appeared.  Because  of  quality  problem,  low  temperature  method  
was   replaced   to   cryopreservation   method.   In   cardiovascular   field,   almost   all   prostheses   are  
covered  by  artificial  prostheses.  Cryopreserved  allografts  have  been  used  in  infected  tissues,  like  
heart  valve,  aorta,  and  infected  artificial  prostheses.  These  cryopreserved  tissues  are  preserved  
under   the   liquid   nitrogen   level   and   the   tissues   are   viable   practically   forever   at   the   cellular   level.  
Clinically   the   cryopreserved   human   cardiac   aortic   valves   are   used   for   patients   with   infected  
endocarditis  or  prosthetic  heart  valve  endocarditis.  In  order  to  preserve  the  tissues  under  minus  
180  degree  Celsius,  the  preservation  package  is  made  of  Teflon  base  material.  These  packages  
need  high  temperature,  over  400  degree  Celsius  to  seal  them,  and  sealer  needs  special  features  
than  conventional  heat  sealer.  

2.	
  CRYOPRESERVATION  OF  HUMAN  TISSUE  ALLOGRAFT  IN  CARDIOVASCULAR  
AREA  
In  cardiovascular  surgery  area,  cryopreserved  human  tissues  are  used  in  the  tissue  infection  cases,  
like  cardiac  valve  endocarditis,  cardiac  valve  prosthetic  endocarditis,  artificial  graft  infection,  etc.  
Initially  for  these  valve  infection  cases,  human  allograft  tissue  valves  preserved  in  refrigerator  level  
temperature  and  not  cryopreservation  temperature  had  been  used.  Because  viability  of  valvular  
cell  (fibroblast)  cannot  be  maintained  after  2  weeks  preservation  in  4  degree  Celsius,  long-term  
outcome  of  such  valve  replacement  was  worse  than  cryopreserved  valves  (O'Brien  et  al.  1987).  
Since  then,  all  of  the  allograft  cardiac  valves  were  preserved  in  cryopreservation  manner.  

	
  
2.1.  Indication        

Because  artificial  valve  has  spread  all  over  the  world  and  the  quality  of  it  is  excellent,  almost  all  
valve   replacement   is   done   with   artificial   valve,   and   not   cryopreserved   allograft   valve.  
Cryopreserved   allograft   cardiac   valve   is   used   mainly   for   infectious   valve   disease,   because  
cryopreserved   valve   is   viable   and   has   the   feature   of   anti-infection.   Once   infection   occurred   in  
cardiac  valve,  artificial  valve  has  to  be  removed  completely  and  viable  cryopreserved  cardiac  valve  
is  the  first  choice.  
2.2.  Mechanism  of  Anti-Infection  Feature
The  reason  why  viable  cryopreserved  allograft  valve  is  stronger  to  infection  than  artificial  valve  has  
been  unknown  for  a  long  time.  We  found  the  mechanism  of  anti-infection  property  of  allograft  by  
animal   experiment   using   rat   and   methicillin-‐‑resistant   Staphylococcus   aureus   (MRSA)   microbes  
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(Saito  et  al.,  2008).  In  order  to  fight  against  microbes,  cardiac  valve  tissue  needs  to  be  viable.  If  
not  viable,  like  artificial  valve  or  graft,  microbes  cannot  be  eliminated.  
     

2.3.  Tissue  Allograft  Donors  

Cardiac  valves  are  extracted  from  deceased  body  after  taking  informed  consents.  The  body  was  
appropriately  prepared  to  keep  sterilized  in  an  operating  theater.  In  order  to  keep  sterile,  cardiac  
valves  are  extracted  within  6  hours  of  heart  stop.  Under  the  sterile  and  cooled  condition,  the  tissues  
are  carried  to  a  processing  facility.     

  

2.4.  Cryopreservation  Method  

The  allograft  tissues  are  dipped  under  a  medium  (RPMI  or  M119,  etc.)  with  several  kinds  
of  antibiotics  for  48  hours.  This  sterilization  protocol  is  depending  on  the  process  facilities.  
Then  the  tissues  are  trimmed  under  a  clean  bench  and  placed  into  the  cryopreservation  
bag  with  cryopreservation  medium.  Usually  culture  medium  (RPMI,  etc)  and  10%  dimethyl  
sulfoxide  (DMSO)  without  antibiotics  are  used  for  the  cryopreservation  for  cardiovascular  
tissues.  
  
2.5.  Storage  Bag  

Because  the  bag  must  be  tolerable  to  the  liquid  nitrogen  temperature,  many  facilities  use  aluminum  
or  Teflon  base  bag.  The  tissues  must  be  strictly   kept  in  sterile,  and  it  is  packed  in  an  inner  bag  
which  is  placed  in  an  outer  bag.  If  aluminum  bag  is  used,  we  cannot  see  inside  and  cannot  check  
the  tissue  condition.  So,  we  choose  Teflon  base  bags.     
As  Teflon  base  bag  is  expensive,  we  invented  our  own  bags.  This  bag  will  cover  several  kinds  of  
shapes  to  adapt  many  types  of  tissues  and  cells  (Figure  1).  In  case  of  Teflon  material,  bag  sealing  
method  requires  higher  temperature  (over  400  degrees)  than  other  usual  bags  (100-120  degrees).  
So,  usual  laboratory  heat  sealer  will  not  work.  We  invented  a  laser  beam  bag  sealer  system.  By  
this  new  machine  we  can  design  sealing  line  in  any  shape;;  straight,  circle,  angle,  zigzag,  etc,  as  
you  like  (Figure  2).     
  
2.6.  Program  Freezer  

Doubly  packed  tissues  are  placed  into  a  programmable  freezer.  The  bag  was  placed  in  a  
stainless  container  to  protect  the  bag.  The  container  is  cooled  down  at  a  rate  of  minus  1  
degree  per  minutes  until  minus  40  degree,  then  speed  is  raised  to  5  degree  per  minutes  
until  minus  80  degree.  Then  the  frozen  container  is  moved  to  main  storage  tank  using  liquid  
nitrogen  supply.  These  containers  are  stored  under  the  vapor  phase  of  liquid  nitrogen,  not  
liquid  phase,  in  order  to  avoid  break  down  the  bags  or  protect  cold  injury  from  handling  
personnel.  
  
2.7.  Surgery  

The   cryopreserved   cardiac   allograft   valve   is   shipped   to   a   hospital   using   a   dry   shipper.   The   dry  
shipper  can  keep  inside  minus  150  degree  Celsius  for  5  to  10  days  depending  on  the  absorbed  
liquid  nitrogen  volume.  The  container  is  placed  under  the  room  temperature  for  20  minutes  in  the  
operating  theater.  Then  outer  bag  is  cut  and  opened  in  a  sterile  manner  and  the  inner  bag  is  moved  
to   sterile   warm   saline   quietly.   When   inside   tissue   is   completely   thawed,   the   tissue   is   moved   to  
another  pot  for  rinsing.  As  DMSO  is  toxic  to  thawed  tissue,  it  is  gently  rinsed  with  stepwise  saline.  
Finally,  the  thawed  valve  is  handed  to  a  surgeon.  
  
2.8  Outcome  

The  outcome  of  valve  infection  surgery  is  bad,  because  preoperative  patient  condition  is  
bad  and  deformity  of  cardiac  valve  and  surrounding  area  is  serious.  If  such  patients  do  not  
receive  surgery,  as  many  as  half  of  them  could  not  survive.  So,  the  mortality  rate  of  such  
surgery  is  as  high  as  15  to  35%  if  cryopreserved  allograft  valve  is  not  used.  The  mortality  
rate  of  prosthetic  valve  endocarditis  using  cryopreserved  allograft  cardiac  valve  is  roughly  
15%  which  is  quite  reasonable,  thinking  of  the  patients’  serious  condition.  
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3.  CONCLUSIONS  
In  some  cardiac  surgery  area,  like  prosthetic  valve  infection,  cryopreserved  human  cardiac  
valve  is  quite  effective.  Innovation  of  storage  bag  and  sealing  system  can  help  to  extend  
these   precious   tissues.   Cryopreservation   technology   is   indispensable   for   such   serious  
patients.  
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Figure  1.  Teflon  base  cryopreservation  storage  bag.  By  using  the  laser  beam  sealing  system,  the  sealing  
line  can  be  designed  as  you  want,  like  this  bag.  The  sealing  line  can  be  drawn  in  straight,  angle,  circle,  
spiral,  zigzag,  etc.     
  

  
  
  

Figure  2.  Laser  sealer.  Cryopreservation  bag  which  can  be  stored  under  liquid  nitrogen  level  is  made  of  
Teflon  base  materials.  To  seal  the  Teflon  based  storage  bag,  laser  beam  sealing  system  is  needed.  This  
sealer  is  designed  to  seal  the  Teflon  base  storage  bag  easily  and  securely  in  a  sterile  manner  by  the  laser  
beam  system.  
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ABSTRACT
To explore the mechanism of temperature gradient establishment along the pulse tube, the
oscillation flow of helium gas in the pulse tube with no regenerator and heat exchangers was
studied using molecular dynamic simulations on NVE ensembles. The EAM/FS and UFF atomic
potential was used for Fe and He atoms, respectively. The simulation results show that the
temperature, pressure gradients are varied during a whole expansion process. The axial speed is
varied from small to maximum quickly and then down to zero gradually by fluctuation. The phase of
pressure is leaded to the speed by 72° at the hot end during the expansion process. The phase
angle difference between the pressure and the speed waves is not changed with the tube length.
The cold temperature after expansion is decreased with the increase of the tube length and the
pressure ratio. From the energy efficiency, it should be circumspect to increase the pressure ratio.
Keywords: Micro Pulse Tube, Length, Pressure Ratio, Low Temperature, Temperature Gradient,
Molecular Dynamics Simulation.

1. INTRODUCTION
Pulse tube refrigerator has no moving parts, causing high reliability in terms of low vibration, EMI,
etc. (Radebaugh R, 2000). Now the pulse tube refrigerator is widely used in aerospace, military,
cryogenic electronics, low-temperature medicine, meteorology, gas liquefaction and other fields.
Although the structure of pulse tube refrigerator is relatively simple but the formation mechanism of
the temperature gradient along the axial tube is very complicated.
Currently, there are several different theories and explanations for the thermodynamic principle of
the pulse tube refrigerator. In 1966, (Gifford and Longsworth, 1966) proposed the theory of surface
pump heat to explain the mechanism of pulse tube refrigeration, in which it is said that the gas
micelle in compression and expansion pump the heat from the cold end to hot end along the wall.
However this theory is only applicable to analysis of basic pulse tube. In 1984, Mikulin et al. (1984)
proposed a classical analysis method. This method calculates the effective cooling capacity of the
complete cycle in the ideal case based on the heat balance equation and the known thermodynamic
formula, and finally gets the total refrigerating capacity and efficiency of the modified pulse tube
refrigerator. In 1986, Radebaugh et al. (1986) proposed enthalpy flow modulation theory. The
relationship between enthalpy flow and pressure / velocity is revealed by the use of energy
conservation and mass conservation law. The theory of enthalpy flow phase modulation explains
the mechanism of the orifice pulse tube cooler, especially the phase modulation between the small
holes and the gas reservoirs. In 1987, Peter et al. (1987) proposed vector analysis method. The
sinusoidal vectors can be represented by the rotation vector in the case of small compression ratio.
Through vector analysis, the variations and interrelations of the internal parameters can be revealed.
However, this method is more idealized, and the calculation results are only qualitatively
coincidence with the experimental results. In 1996, Liang et al. (1996) proposed thermodynamic
non-symmetry effect to illustrate the refrigeration process in a PTR. By establishing the model, the
gas in the pulse tube was divided into the gas in the hot sticky layer near the wall and the gas in the
central space. The refrigeration mechanism is the sum of surface heat pump and thermodynamics
asymmetric effects and the cooling amount of the pulse tube is the sum produced by the two parts
of the gas. In 2004, Luo et al. (2004) proposed the mesoscopic thermodynamic theory to investigate
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the thermodynamic cycles in the regenerator. But these theories are short of detailed descriptions
for complex gas flow and heat transfer phenomenon in the PTRs. As early as 1969, Rott (1969)
established the thermo acoustic theory. The pulse tube refrigerator produces time-average cooling
effect depending on the heat interaction between the oscillating fluid and solid medium, but it is
limited to the thermal acoustic effect of the acoustic standing wave. The thermo acoustic theory was
used to analyze and calculate the pulse tube refrigerator (Xiao Jiahua, 1991). In addition, there are
still other analysis methods, such as electrotechnics analogical analysis, network analysis, gas
working analysis, etc.(Shaoshuai Liu et al.,2017; Jingyuan Xu et al., 2017; Tian Lei et al.,2016 ). By
numerical simulation method (Y.L. He et al.,2009; Chao Gu et al.,2012; Sachindra Kumar Rout et
al.,2017; Qunte Dai et al.,2015 ), the performance of the PTR and the dynamic characteristics of
flow and heat transfer in the pulse tube were obtained, which can explain the experiment results
reasonably.
In present work, the formation mechanism of the temperature gradient along pulse tube was
investigated using molecular dynamics method. By observing the atomic motions and velocities, the
temperature, pressure and speed variations with time in the expansion process were obtained
based on statistical thermodynamics.

2. METHODOLOGY
2.1. Physical Mode

Figure 1: A schematic view of basic type pulse tube refrigerator

Fig. 1 shows a schematic view of a basic type pulse tube refrigerator. The pulse tube is an only a
component that separates the gas into a hot end and a cold end. In this paper, the formation
process of the temperature gradient in the pulse tube by gas oscillation flow was investigated using
molecular dynamics simulations.

Figure 2: Simulation model of the pulse tube

The simulation model of the pulse tube was shown in Fig. 2. It consists of a half-closed slit channel
and a gas source. The gas source has a high pressure or low pressure corresponding to a
compression or expansion process initially. In order to study the cooling capacity of gas separately,
the heat exchangers at the two ends were eliminated. Also the gas has no heat exchange with the
wall of the channel.
2.2. Intermolecular Potential Models
The interactions between Fe and Fe molecules are described by Embedded Atom Method (EAM/FS)
(Finnis M W et al.,1984) with the form of Eqn.1. The EAM/FS potential function parameters used in
this paper are adopted from the work of Mendelev and Han (2003) in 2007. For the interactions
between He-He and He-Fe, the Lennard-Jone potential is used with the expression of Eq. (4). The
specific parameter values are shown in table 1.
𝐸! = 𝐹!

𝜌! =

!

!!! φ!" (𝑟!" )  

Eq. (1)

!!! 𝜌! (𝑟!" )                                                
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!
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Table 1. L-J potential function parameters

𝜀  (eV)

σ(Å)

He-He

0.000607098

2.103

He-Fe

0.0178726

2.20175

The temperature of a block of atoms was calculated by Eq. (7):
𝑇!"# =

𝑚! (𝑣!,! − 𝑣! )! + (𝑣!,! − 𝑣! )! + (𝑣!,! − 𝑣! )!
                                                                                                  Eq. (7)
3Nk !

Where m is the atomic mass, v is the velocity of the atom, 𝑣 is the mass-center velocity of the grid,
N is the number of the atoms in the grid, KB is the Boltzmann constant.
The pressure is calculated by the ideal gas equation-of-state.
2.3. Molecular Dynamics Simulation
The system is a channel with L×H×B nm3. L is equal to 286nm, H is 100nm and B is 1.43 nm. This
is a unit size.
The system is divided into two equal parts. The left one is used for the high pressure gas, the right
one is used for the low pressure gas. The simulation model is shown in Fig. 3. Then the gas
pressure difference between them causes an expansion process in the left side.

Figure 3: The simulation mode for pulse-tube refrigeration.
Left: high pressure gas, right: low pressure gas

The elastic reflect periodic boundary conditions were imposed on three directions.
The simulations were carried out firstly on NVT ensemble with 1×105 steps for getting the wanted
system temperature of 300K, and then on NVE ensemble to obtain the acquired data. The Langevin
method was selected for the temperature control. The cutoff distance for the Lennard-Jones
interactions was 7.15Å. The Velocity-Verlet algorithm with a time step of 0.8 fs was used to solve
the equations of motion. The positions and velocities of He atoms were recorded every 50000 steps.
The simulations were run on LAMMPS software.

3. RESULTS AND DISCUSSIONS
Along the axial direction (x axis), the system was divided into grids every 200 Å. The origin was
located at the hot end of the channel. The temperature, pressure, and velocity were the average
values over each grid.
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3.1. Time-Variation of Axial Distributions
The model in this section is 6L×3H×1B, i.e. 3400 nm ×300 nm. The expansion length is 3L. The
pressure of 0.1 MPa contains 8887 He atoms while 0.6 Mpa contains 53322 He atoms.
The variations of the distributions of the temperature, pressure, atomic number density and the
velocity along the axial direction with the time are shown in Figs. 4a to 4c.
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Figure 4a: The time-variation of the axial temperature distribution

Pressure	
  /	
  bar	
  

From the Fig. 4a, it could be seen that the axial temperature gradient was formed along the axial
direction and changed with time. The temperature at the interface of the high and low pressure gas
source (800-900 nm) was decreased firstly, and then the cold temperature spread to the left end
(100-200 nm) gradually. At 1600 ps, the temperature at the left end reached to the lowest
temperature 186 K.
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Figure4b: The time-variation of the axial pressure distribution

The time-variation of the pressure distribution along the axial direction is shown in Fig. 4b. The
pressure dropped started from the interface of the high and low pressure gas source and then
transferred to the left hot end. The lowest pressure at the hot end reached to 1.6 atm. After that it
could be seen that the pressure was oscillating around the average value of 3.5 atm. For the ideal
isentropic expansion with pressure ratio of 1.6/6, the temperature after expanding is 177 K.
Therefore, the simulation result 186K was acceptable.
Figure 4c shows the time-variation of the axial speed distribution along the axial tube. The speed
was the axial speed of the mass-center of each grid. It could be seen that the speed presented a
normal distribution. At first, the maximum speed was located near to the centre of the system
(2000nm), i.e., the interface of the high and low pressure gas source. Then the speed was firstly
increased with the peak position transferring to the right and next decreased with moving to the left.
After that it could be seen that the speed was oscillating around 0. It was noted that the velocities at
the two ends of the system were almost zero throughout the process.
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Figure 4c: The time-variation of the axial speed distribution

3.2 Variation of Tube Length
Temperature	
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The system length was changed from 6L to 12L (1700 nm to 3400 nm). The expansion length is 6L.
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Figure 5: The comparison of transient axial temperature distributions with different length

From Fig. 5, it could be seen that the temperature span is increased with the increase of the tube
length and the lowest temperature is decreased with the increase of the tube length. This is
interpreted as that the longer length resulted in the smaller axial heat conduction.
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Figure 6: The comparison of temperature time-variations with different length

From Fig. 6, it could be seen that the maintaining time of the cold end (3L-900 nm, 6L-1800 nm) at
the lowest temperature is increased with the increase of tube length. However, the lowest
temperature at the hot end is decreased with the increase of the tube length. But before 2500 ps,
the hot end temperature is increased with the increase of the tube length.
Fig. 7 shows the initial pressure distribution and the transient pressure distribution at which the
pressure at the hot end reached the maximum. It could be seen that the pressures in the 6L tube
are lower than that in the 3L tube at the same relative positions inside the expansion region (smaller
than half of the tube length). The maximum pressure reached after the expansion at the hot end in
the 6L tube is a little lower than that in the 3L tube, 0.140 Mpa and 0.169 Mpa, respectively.
Therefore, the pressure loss is 0.040 Mpa and 0.069 Mpa for 6L and 3L length, respectively. This
indicates at least that the longer length doesn’t result in the larger pressure loss in the pulse tube.
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Figure 7: The comparison of pressure distributions with different length.
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Figure 8: The comparison of phase time differences between pressure and speed waves at the hot
end with different length

From Fig. 8, it could be seen that the phase of the pressure wave at the hot end is ahead of the
speed wave by about 72°, but the phase difference is almost same for different tube length.
Therefore it is concluded that the phase angle difference between the pressure and speed wave is
not changed with the length.
3.3 Variation of Pressure Ratio
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The model in this section was 6L×3H×1B, i.e. 3400 nm ×300 nm. The expansion length was 3L.
Therefore, the hot end is around 100-300nm and the cold end is around the centre (800-900 nm).
For comparison, the two models with different pressure ratios were constructed. The initial
pressures of high pressure gas sources were 1.2 Mpa and 0.6 Mpa, respectively with the same low
pressure of 1.0 Mpa. So the pressure ratios were 12 and 6, respectively.
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Figure 9: Comparison of temperature and pressure variations at 600 nm with different pressure ratios

In Fig. 9, the temperature and pressure variations at the cold end (600 nm) are presented. It could
be seen that the temperature after expanding is decreased with the increase of the pressure ratio.
The lowest temperature is 214K and 180K, respectively. The temperature ratio is only 0.841 with
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the pressure ratio increased from 6 to 12. However, for the isentropic expansion, it follows Eq. (8):
!!"
!!"

=(

!!" !!!
!!"

)

!

Eq. (8)

If T!" = T!" = 300K , p!" = 0.6  Mpa, p!" = 1.2Mpa , p!" = p!" = 1.0Mpa , Then T!" T!" = 0.758 .
This means that the effect of the increase of the pressure ratio is weaker in the pulse tube than in
the expander.
From Fig. 9, it could also be known that the lowest pressure after expanding for two models is 3.06
and 2.26 Mpa with the initial pressure being 12 and 6 Mpa, respectively. So the actual pressure
ratio is 3.92 and 2.65, respectively. Hence the actual pressure ratio is only 0.33 and 0.44 times of
the ideal ratio, respectively. From the energy efficiency, larger pressure ratio 12 is not better than
lower pressure ratio 6.
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Figure 10 Comparison of axial speed variations at 600 nm with different pressure ratios

From Fig.10, it could be seen that the axial speed at the cold end is increased with the increase of
the pressure. The speed is 450 and 338 m/s for 12 and 6 pressure ratios, respectively.

4.

CONCLUSIONS

To explore the formation mechanism of temperature gradient along the pulse tube, the expansion
process of gas in the pulse tube was investigated by molecular dynamic simulations. The simulation
results show that the temperature, pressures, axial speed are varied sinusoidally. Therefore, there
is an intrinsic frequency for oscillation flow in a pulse tube. This intrinsic frequency was related with
the pressure difference and tube length. The phase of the pressure wave is leaded to that of speed
wave at the hot end. As the optimum periodic times were different for hot and cold ends, this is why
the phase shifters at hot or cold end could increase the efficiency of the PTR.
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ABSTRACT
Intermittency of renewable energy generation and electricity tariff variation make necessary the
analysis and optimization of different scenarios of charge/discharge cycle timing and duration of a
Liquid Air Energy Storage (LAES) and the economics related to each case.
Solar irradiation and PhotoVoltaic (PV) power plant size, electricity prices, on-site electricity
demand throughout the day/month/season and year are key factors here for the scenarios
optimization in terms of cost of electrical energy consumed from the grid. These factors are also
useful to determine the maximum allowed investment of the LAES and the payback time according
to each case scenario.
Self-sufficiency and positive economics of the LAES combined to cold warehouse are reached
when PV power plant surface and solar irradiation are high enough. Therefore, there are optimal
PV dimensions depending on the round trip efficiency of the LAES, the power capacity
discharge/charge ratio of the system and the geographic location of the site. Main results suggest
that LAES can only be profitable when electricity from grid is expensive.
Keywords: Cryogenic storage, LAES, Optimization of energy scenarios, economical analysis

1. INTRODUCTION

Recently, cryogenic energy storage and more particularly Liquid Air Energy Storage LAES has
drawn the attention of both academic and industry due to environmentally friendly grid-scale
technology. LAES is adapted to large scale (grid scale) application, while refrigerant cycle system
or ice storage system are limited to small storage size. Besides, the temperature reached in case
of LAES is very low (-196°C) which makes the system very different from the refrigerant cyle
system or ice storage system in terms of field of application. The idea of cryogenic energy storage
was firstly proposed by E.M Smith, at university of New Castle in 1977 (Smith, 1977) using the
energy of liquid air as the cryogenic energy. A particular configuration of LAES systems is to use
excess cold energy from the electricity recovery process for food factory or refrigerated
warehouse. This improves the profitability of the whole process. On one hand, this helps to reduce
the electrical consumption of the warehouse refrigeration unit while maintaining adequate
temperatures inside the warehouse. On the other hand, direct expansion of liquefied cryogen at
high pressures (in this case liquid air) through multi-stage turbines allows electrical energy
recovery.
This work investigates the economics related to this system based on the study of an Optimal
Control (OC) strategy for charging/discharging/generation of cold energy in the warehouse
depending on the electricity tariff and the geographical location. Once the optimal strategy defined,
a techno-economic study corresponding to the operating schedule can be conducted to evaluate
the economic performance of the system. The OC strategy of this research work is developed for a
cost function that aims to minimize the cost of electricity purchased from the grid and maximize the
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usage of the LAES. Thereafter, results of scenarios’ analysis will lead to investigate economic
feasibility of the storage system. The annual savings achieved, or losses generated are calculated
to determine the investment threshold allowed for the LAES system as well as the CapEx and the
payback period of the reference case.
In the current work, the case study is a refrigerated warehouse supplied by a PV power plant
located in Belgium. The objective of the study is, therefore to evaluate energy optimization control
and economic benefit from the integration of LAES in this site.
2. ENERGY MANAGEMENT STRATEGIES METHODOLOGY AND SIMULATIONS
This section describes the dynamic energy model of the whole system on-site for the OC strategy.
First, the layout model is analyzed and the LAES storage system is described. Second,
methodology of the OC strategy and economics is detailed. Finally, results of simulation are given
in the final parts.
2.1

Schematic model layout

The proposed system analyzed in this work is composed of 4 sub-models: the power utility grid,
PV modules, LAES and the warehouse with the power flow shown in Fig. 1. The refrigeration load
of the warehouse is mainly covered by the PV power plant. When energy delivered by the PV plant
is in excess, surplus of generated energy is used for air liquefaction unit. When PV plant no longer
produces electricity, air is being expanded through the turbine-generator set to meet the
refrigeration load. The power grid is then used only in the case where neither the PV nor the
storage system are able to supply the warehouse demand. The study is only focused on the
excess renewable generation storing approach and not storing it from off-peak electricity grid. No
resale to the grid is considered when the PV power plant produces energy excessively, only the
profitability of the LAES integration is considered in the current study.
The following control variables to be optimized are represented by the arrows in Fig. 1.
PPV TO WAREHOUSE (t) is the PV power used to directly supply the warehouse; PPV TO LAES (t) is the power
for charging the LAES by the excess PV generation, PLAES TO WAREHOUSE (t) is the power generated
from the turbine-generator set to supply the warehouse, PGRID TO WAREHOUSE (t) is the grid power used
to supply the warehouse.

Fig. 1: Schematic layout of the model (Negro et al., 2018)

2.2

Presentation of the storage system

The LAES system comprises three main parts: the charging, storage and discharging processes.
During charging phase, excess of renewable electricity is used for air liquefaction. Later at night
when PV panels no longer produce electricity, the air is evaporated and expanded in turbines to
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generate electricity. Cold energy from the evaporation of liquid air is stored and used for
liquefaction needs and also for refrigerated warehouse supply. Besides, hot storage captured from
inter-coolers of the liquefaction part is used to “super-heat” air before expansion. More detail about
the LAES process can be found in (Negro et al., 2018)
2.3

Methodology of the optimization

The non-linear optimization problem can be solved using the Generalized Reduced Gradient
Method as implemented in the standard Microsoft Excel Solver. Simulations are done for a
duration 24 hours with a time lapse called “t” from 1 to 24 reflecting 1AM to 12PM.
Assumptions for each sub-model are given in Table 1 and they were made as follow:
Table 1: Set parameters for the simulation

Parameter
Unit
Peak Rated power of PV panels* under a solar irradiation of 1kW/m² MWp

Value
1

Off-peak tariff**
Peak tariff**
Round Trip Efficiency***
Exergy efficiency *

0,0662
0,0842
0,25
0,3

€/kWh
€/kWh
-

Thermal energy load for refrigerated warehouse for winter case***
kWh/day 1500
Thermal energy load for refrigerated warehouse for summer case*** kWh/day 2000
LAES size***
kW/kW 180/60
Minimum power of PV panels*
kW
20
Maximum power of PV panels*
kW
80

(*) author assumption; (**) onsite data; (***) Thermodynamic simulation results (not included in the current work)

2.4

Sub-models

2.4.1 Power PV plant
The sum of the power delivered by the PV plant to charge the LAES and to supply the refrigeration
load must be less than the power delivered by the PV panels at any instant t.
0 ≤ PPV TO LAES (t) + PPV TO WAREHOUSE (t) ≤ PPV,
Eq. (1)
2.4.2. Power grid
Night off-peak hours are set by the distribution system operator and are on average between 10
pm and 7 am. However, for the rest of the time, a peak hour tariff is applied:
p0 (t) =0,0662 €/kWh if t ∈ [22, 24] U [0, 7]
p(t) =

Eq. (2)

p1 (t) =0,0842 €/kWh if t ∈ [7, 22]

2.4.3. LAES
The LAES is charged with the excess of renewable energy from the PV panels PPV TO LAES (t). The
recovered energy PLAES TO WAREHOUSE (t), consists of the electricity produced by the turbines during
the system discharge stage and electricity saved by cooling the warehouse with liquid air from the
LAES system. The State Of Energy SOE(t) of the LAES at any given time t and the flow of power
from t-1 to t is given in Eq. (3):
SOE (t) = SOE (t-1) + (RTE × PPV TO LAES (t) - PLAES TO WAREHOUSE (t)) × TP
Eq. (3)
2.4.4. Refrigeration warehouse
The conversion of the thermal energy to its equivalent in terms of electrical energy is done by
means of COP and it is expressed by Eq. (4) and Eq. (5):
𝑇𝑐
𝐶𝑂𝑃 = 𝐶𝑂𝑃𝐶𝑎𝑟𝑛𝑜𝑡 × 𝜂𝑒𝑥 = (𝑇 −𝑇
) × 𝜂𝑒𝑥
Eq. (4)
ℎ

𝑐
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𝑁

∑

𝐶𝑂𝑃(𝑡) × 𝑃𝑊𝐴𝑅𝐸𝐻𝑂𝑈𝑆𝐸(𝑡) × 𝑇𝑃 = 𝑄𝑓,𝑡𝑜𝑡

𝑡=1

(𝑘𝑊ℎ)

Eq. (5)

2.4.5. Objective function:
The control strategy needs to identify the most beneficial periods in order to minimize the purchase
of electricity in the grid. As described in the equation below the optimal system control strategy will
be the one that minimizes the grid electricity purchased.
𝑁

𝐺=∑

𝑇𝑃 × 𝑝(𝑡) × 𝑃𝐺𝑅𝐼𝐷 𝑇𝑂 𝑊𝐴𝑅𝐸𝐻𝑂𝑈𝑆𝐸(𝑡)

𝑡=1

Eq. (6)

2.4.6. Variable constraints:
At any instant t, the sum of the supplied power to the warehouse must be equal to the
instantaneous refrigeration load.
PPV TO WAREHOUSE (t) + PLAES TO WAREHOUSE (t) + PGRID TO WAREHOUSE (t) = PWAREHOUSE (t)
Eq. (7)
The sum of the power delivered by the PV plant to charge the LAES and to supply the refrigeration
load must be less than the power delivered by the PV panels at any instant t.
PPV TO LAES (t) + PPV TO WAREHOUSE (t) ≤ PPV (t)
Eq. (8)
2.4.7 Variable limits
The warehouse and the LAES are modelled as variable parameters which can be controlled from
an upper to a lower set range for each sampling time period of the simulation horizon. These
constraints can be expressed as:
20 ≤ 𝑃𝑊𝐴𝑅𝐸𝐻𝑂𝑈𝑆𝐸(𝑡) ≤ 80 (𝑘𝑊)
0 ≤ 𝑃𝑃𝑉 𝑇𝑂 𝐿𝐴𝐸𝑆(𝑡) ≤ 240 (𝑘𝑊)
0 ≤ 𝑃𝐿𝐴𝐸𝑆 𝑇𝑂 𝑊𝐴𝑅𝐸𝐻𝑂𝑈𝑆𝐸(𝑡) ≤ 60 (𝑘𝑊)
0 ≤ 𝑆𝑂𝐸𝑡) ≤ 1704 (𝑘𝑊ℎ)

Eq. (9)
Eq. (10)
Eq. (11)
Eq. (12)

2.4.8. Proposed algorithm
The GRG algorithm solver is formulated as follows:

𝑚𝑖𝑛𝑥 𝑓 𝑇 𝑥 Subject to

𝐴. 𝑥 ≤ 𝑏
𝐴𝑒𝑞 . 𝑥 = 𝑏𝑒𝑞
𝑙𝑏 ≤ 𝑥 ≤ 𝑢𝑏
𝑐(𝑥) ≤ 𝑑
𝑐𝑒𝑞 (𝑥) = 𝑑𝑒𝑞
𝑥𝑖 ∈ 𝑧

Eq. (13)

- Linear equalities
𝐴𝑒𝑞 is a 𝑘 × 𝑛 sparse matrix, 𝑏𝑒𝑞 is a 𝑘 × 1 vector.
- Linear inequalities
- 𝐴𝑒𝑞 is a 𝑘 × 𝑛 sparse matrix, 𝑏𝑒𝑞 is a 𝑘 × 1 vector
- Decision variable bounds
𝑙𝑏 and 𝑢𝑏 are 𝑛 × 1 vectors indicating the lower and upper bounds respectively.
- Nonlinear inequalities
𝑐 is a 𝑢 × 1 vector of functions containing constraints, 𝑑 is a 𝑢 × 1 vector.
- Nonlinear equalities
𝑐𝑒𝑞 is a 𝑣 × 1 vector of functions containing nonlinear equality constraints, 𝑑𝑒𝑞 is a 𝑣 × 1 vector.
2.2
Simulation results and discussion
As a key factor determining the optimum energy scenario, the solar irradiation is herein studied by
comparing a typical day of January and another day of July. According to solar irradiation of the
location, the optimal schedule in January Fig. 2.a shows the refrigeration load is assured by the
grid during the night. The refrigeration load during this time remains at its minimal value so as to
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decrease the grid energy cost. At around 10:00 AM, the solar panels take over to supply the
warehouse. In the meantime, the decision making of the OC is to maximize the refrigeration load
(66 kW at 11:00) to take advantage of free photovoltaic electricity and also to turn on the charging
of the LAES. The warehouse is only supplied by the LAES from 18 :00 to 22 :00 (almost 4 hours).
A little pic of grid energy consumption appears between 16:00 and 18:00 it corresponds to the time
adjustment required for the LAES to meet the load regarding decreasing PV energy production.
The discharge time is below the LAES real discharge capacity due to unsufficient duration of
charging (low PV panels production). A more optimistic scenario of July is represented by Fig. 2.b
where the site is entirely self-sufficient. LAES can supply the refrigerated warehouse during the
night-time. The OC switches to LAES for the energy supply when PV panels can no longer
produce electricity.

Fig. 2: Optimal energy scenario in a typical winter day (January) (a) and in a typical summer day
(July) (b)

Daily energy and cost savings of both cases are summarized in Table 2 and Table 3 for the winter
case and the summer case respectively. Energy profiles and values of daily cost savings shows
the evidence of the solar irradiation major impact on the energy distribution and cost savings from
the LAES integration. Nonetheless, further investigations are needed to evaluate the
representativeness of the 16 or 11€/day regarding the project CapEx.
Table 2: Daily cost savings in January
Month

Baseline
Energy (kWh)

January
323,68
Table 3: Daily cost savings in July
Month
July

Baseline
Energy
(kWh)
184,65

Optimal
Energy
(kWh)
0

Optimal
Energy
(kWh)
241,51
Baseline
Cost
(€)
11,78

Baseline
Cost
(€)
23,66
Optimal
Cost
(€)
0

Optimal
Cost
(€)
16,74
Saved
Energy
(%)
100

Saved
Energy
(%)
25,39

Saved
Cost
(%)
29,25

Saved
Cost
(%)
100

The combination of the LAES to PV panels as renewable energy technology requires optimal
meteorological conditions to be profitable. 4 cities representing different climates, both in winter
and summer are chosen as subject for this study to investigate LAES profitability under different
solar irradiation.
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Table 4: Total electricity supplied to the warehouse for the summer case

Riyadh - KSA

Total Electricity Supplied
(kWh)
1776,95

PV Supply
(%)
54,57

LAES Supply
(%)
34,11

Grid Supply
(%)
11,32

Seville - Spain
Helsinki
Québec
Belgium

1493,47
890,02
929,91
966,59

64,26
64,37
48,61
80,90

35,74
35,63
51,39
19,10

0
0
0
0

Table 5: Total Electricity Supplied to the warehouse for the winter case
Total Eletricity Supplied (kWh) PV Supply (%) LAES Supply (%) Grid Supply (%)
Riyadh

841,00

50,40

49,60

0

Seville
Helsinki

855,57
646,68

50,74
37,11

41,88
0

7,38
62,89

Québec
Belgium

603,57
626,68

37,01
48,44

47,06
13,11

15,93
38,54

The summer simulation for almost every city (Table 4) clearly shows that the warehouse load can
be entirely assured without making use of the power grid, except for Saudi Arabia where the 1
MWp PV plant supported by the LAES plant seems unable to meet the high refrigeration load of
the warehouse. In this case, a slight increase in the size of the PV plant or a more efficient storage
system are needed to outweigh high ambient temperatures reflected in high-energy consumption.
On the other hand, in almost all cases of the winter model (Table 5), PV power plant is only
responsible of the reduction of the energy drawn from the grid with differences from one city to
another. Despite the low temperature in Helsinki, and therefore the low refrigeration demand, the
low solar irradiation makes it hard for the PV power plant to supply both the warehouse and the
storage system. The weather conditions allow the system to be self-sufficient by assuring both
charging the LAES and supplying the refrigerated warehouse.
As a conclusion, the system represents the highest performance in areas characterized by a
moderately warm climate and sunny throughout the year. Ideally, the system should be
implemented in a Mediterranean region as southern Europe or North Africa.
3. TECHNO-ECONOMIC ANALYSIS OF THE LAES
This section investigates technical and economic feasibility of the LAES powered by the PV power
plant.
3.1
Methodology:
This study is presented in the form of a sensitivity analysis in which the annual savings achieved
are evaluated varying 4 parameters: the RTE of the LAES, the PV plant peak power, the ratio of
discharge to charge power (D/C) and the geographic location. When parameters are not under
study, they are fixed as in the previous paragraph. The economic analysis is based on the annual
economic savings calculated as the difference between the yearly energy costs before and after
the integration of the energy storage. To achieve this purpose, 3 cases are studied:
Case 1: Only the grid supplies the warehouse; Case 2: Warehouse is supplied by both the PV
plant and the grid; Case 3: The storage system is integrated.
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The cost of energy is calculated on the basis of the cost of electricity drawn from the grid and the
hourly cost of photovoltaic electricity estimated by Eq. (14).
𝐻𝑜𝑢𝑟𝑙𝑦 𝑃𝑉 𝐶𝑜𝑠𝑡 =

1,2×𝑃𝑒𝑎𝑘 𝑃𝑜𝑤𝑒𝑟 (𝑊𝑝)
𝐿𝑖𝑓𝑒𝑠𝑝𝑎𝑛×365×24

Eq. (14)

(€⁄ℎ)

3. RESULTS AND DISCUSSION

Profiles in Fig. 3a shows that the annual savings allow a maximum value of 9684,04 €. The lower
the DP/CP ratio, the lower this value is reached with low RTE values. The results show that the
RTE must be increased by at least 5% to reach the maximum value of the savings achieved.
According to Fig. 3.b, the values of the savings achieved remain constant for most cities from a
RTE of 25%. For Brussels, the results show that the system can only be self-sufficient from a RTE
of 30% (where the savings stabilize around a value of 9684,04 €. In accordance with the results of
the OC strategy carried out in the previous chapter, Seville represents in this analysis the ideal
case for the integration of the storage system considering the interesting value of the realized
savings of around 11 383 €.
As illustrated by Fig. 3.c, the results achieved show that for the various RTEs, the curves are
increasing until they reach a maximum of savings corresponding to a certain PV plant size, and
then decreasing slightly. This is because the larger the PV plant is, the more energy is stored, and
the less electricity is drawn from the grid.
Table 6 shows for each RTE value the optimal PV plant size and the corresponding annual
savings. Those savings are used to define an investment threshold not to be exceeded for the
storage system. The investment threshold is calculated by multiplying the value of the annual
savings achieved by the estimated life of the LAES estimated at 25 years.
Table 6: Optimal Size of PV Power Plant and Threshold Investment function of RTE

25%

PV Plant
Peak Power (kWp)
154

Annual
Savings (€/an)
3 429,17 €

Investment
Threshold (€)
85 729,29 €

30%
40%
50%
100%

155
155
162
395

3 447,26 €
3 484,41 €
3 536,47 €
6 968,56 €

86 181,61 €
87 110,13 €
88 411,77 €
174 214,08 €

RTE (%)
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Fig. 3: Sensitivity behavior of the annual savings of the LAES integration regarding 3 parameters : (a)
D/C ratio of LAES; (b) geographical location of the system; (c) Peak rated power of PV panels

4. CONCLUDING REMARKS AND PERSPECTIVES
It has been found that the LAES makes the refrigeration warehouse energy self-sufficient in
summer while in winter, the storage system is only able to reduce the electricity drawn from the
grid. Results of simulations showed that warm climate and sunshine throughout the year make the
system more profitable than in regions where it is almost cloudy. This is due to the fact that the
LAES is combined in this particular case to a PV power plant, and production of electrical energy is
directly linked to solar irradiation. In other cases, if the LAES is connected to a wind farm for
instance, results could be completely different from the present case. The techno-economic
sensitivity analysis evaluated the annual savings achieved based on several key factors in the
sizing of the LAES such as the LAES’s RTE, the resale to purchase price ratio of electricity, the
charge-to-discharge power ratio and the size of the PV plant. For the reference case, results
showed that the system realized an annual savings of 8993,95 €. The capital investment cost
computation shows that despite the significant annual savings achieved, LAES remains not very
attractive given its high estimated payback period. In agreement with previously published
research, this work has shown that, the economic profitability of the LAES system is very low given
high CapEx values. The future of this technology could be even brighter if future research focuses
on improving the technical performance of the system, so that the technology becomes accessible
and mature, therefore more realizations could be made and the corresponding investment costs
could decrease. In addition, under current market conditions, the system can have a large
economic benefit if installed in a country where electricity prices are high.
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ABSTRACT
Thermoacoustic engine is a promising approach in recovering heat energy with the attracting
characteristics of high reliability and environmental friendliness. However, a traditional
thermoacoustic engine/refrigerator cannot utilize low-grade thermal energy. This work aims to
initiate the thermoacoustic oscillation at very low hot end temperature and to realize the efficient
thermoacoustic conversion when driven by low grade heat. Looped thermoacoustic engines with
asymmetric configuration are proposed and constructed. The lowest onset temperature is only
29°C (with the temperature difference of 17°C). A thermoacoustic electricity generator driven by
the heat source below 200°C is also then developed. A thermal-to-electric efficiency of 5% and an
output electric power of 87 W were recently achieved when the hot end temperature is about
180°C, with He-Ar mixture as the working fluid. The results indicate that the asymmetric looped
thermoacoustic engine can be utilized as a novel technical method for the recovery of low -grade
heat.
Keywords: Thermoacoustic Engine, Travelling-Wave, Thermoacoustic Engine, Thermoacoustic
Electric Generator, Thermoacoustic Refrigeration, Low-Grade Thermal Energy.

1. INTRODUCTION
Thermoacoustic heat engine is a type of energy conversion machine, converting thermal energy
into mechanical energy or consuming mechanical energy to pump heat, with the outstanding
characteristics of high reliability and environmental friendliness (Jin et al., 2015). The former merit
comes from the fact that there is no moving part in it, and the latter one is ascribed to the working
fluids which are always gases ozone depletion. Under the background of energy and environment
crisis, the thermoacoustic heat engine powered by low-grade thermal energy (waste heat,
geothermal energy and solar thermal energy, etc.) has become a hot research area, facing but not
limited to the applications of electricity generation, refrigeration, water pumping, circulation and
pressurization (Timmer et al., 2018; Hou et al., 2018; De Blok, 2012; Zolpakar et al., 2016).
A travelling-wave thermoacoustic engine, which runs by virtue of a reversible thermodynamic
cycle, is generally regarded as more efficient than a standing-wave thermoacoustic engine. The
conception of travelling-wave thermoacoustic engine was proposed by Ceperley (Ceperley, 1979).
He tried to control the phases of velocity and pressure of oscillating gas parcels by the travelling
wave, thus to realize a reversible thermodynamic cycle similar to Stirling cycle. However, the low
acoustic impedance in the regenerator caused severe viscous loss, leading to poor thermal
efficiency. The thermoacoustic Stirling heat engine, which could achieve travelling-wave acoustic
field as well as high acoustic impedance in the regenerator by proper combination of the looped
structure and the resonator (Backhaus and Swift, 1999), dramatically improved the efficiency of
travelling-wave thermoacoustic engines, which is comparable to that of a car engine. However, the
required heat sources are generally with relatively high temperature (Backhaus and Swift, 1999),
which will severely limit its practical application scope. In 2010, de Blok improved the looped
travelling-wave thermoacoustic engine by inserting multiple thermoacoustic cores in the loop, and
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the required temperature of heat source has been significantly lowered. The multi-stage travellingwave thermoacoustic engine was expected to realize a relative Carnot efficiency of 40% when
driven by the heat sources below 200°C (De Blok, 2012). However, there still lacks comprehensive
understanding on the mechanism of a multi-stage looped travelling-wave thermoacoustic engine
(LTTAE). Besides, the existing LTTAE generally depends on its symmetric configuration to ensure
the regenerators at the position where the travelling-wave component dominates.
This work focuses on the LTTAE with asymmetric configuration to make good use of the merits of
efficient thermoacoustic engine in the travelling-wave acoustic field. Systematic experiments have
then been carried out, especially focusing on onset temperature, pressure ratio and heating
temperature. Preliminary experiments have also been performed to verify the applicability on the
electric generation and refrigeration with low-grade thermal energy.

2. EXPERIMENTAL APPARATUS
Fig. 1a presents the schematics of 1-stage LTTAE (excluding the stages represented by dashed
line) and 3-stage LTTAE (including the stages represented by dashed line), while Fig. 1b presents
the schematics of 2-stage and 4-stage LTTAEs. The distances between the adjacent regenerators
are all 1/4 λ in the 2-stage, 3-stage and 4-stage LTTAEs. To achieve high acoustic impedance, the
cross-sectional area of the thermoacoustic core, which includes a hot heat exchanger (HHX), a
regenerator (REG) and an ambient heat exchanger (AHX), has been locally enlarged. For the 1stage and 3-stage LTTAEs, the compliance tube (a locally enlarged tube) has been adopted to
adjust the acoustic field. Dimensions of the main parts are listed in Table 1. The total length of the
loop is 8.4 m.

Figure 1: Schematic of the LTTAEs. (a) 1-stage and 3-stage LTTAEs. (b) 2-stage and 4-stage LTTAEs
Table 1. Dimensions of the main parts of LTTAEs

Items

HHX

REG

CHX

Resonator

Compliance tube

Length (mm)

30

30

30

8160

90

Diameter (mm)

99

99

99

26

72

3. RESULTS AND DISCUSSION
The onset temperature, the heating temperature to initiate the thermoacoustic system to oscillate,
is a determining factor in the quality of the utilizable thermal energy. One of the key parameters
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controlling the onset process is the normalized frequency ωτ (Yazaki et al., 1979), where ω is the
angular frequency, and τ is defined as rh2/2α (rh is the hydraulic radius of the regenerator, α is the
thermal diffusivity). If ωτ>>1, the gas parcel moves in the channel isentropically and approximately
reversibly. If ωτ is close to 1, the incomplete heat transfer will happen, leading to
thermodynamically irreversible movement. If ωτ<<1, complete heat transfer happens, making the
gas in the channel move reversibly, equilibrating at the local wall temperature. However, a severe
viscous loss may also occur. Fig. 2 presents the onset temperature of four LTTAEs under different
values of ωτ with CO2 as the working fluid. ωτ was changed by adjusting the mean pressure. It can
be noted that the onset temperature drops with the elevated ωτ at first, then it gradually becomes
stable. All the four LTTAEs can start to oscillate with a heating temperature below 60°C when ωτ is
above 0.1. The lowest onset temperature is only 29°C (the cooling temperature is 12°C, the mean
pressure is 1 MPa or 1.5 MPa).This result indicates that the thermoacoustic engine can oscillate
under a quite low heating temperature, showing the promising usability of low-grade heat source.
Figure 3 shows the pressure ratio (defined as the ratio of maximum over minimum of the pressure
amplitude, representing the oscillation intensity) versus heating power under 1 MPa filling
pressure. It can be seen that the rise of heating power will lead to the increase in pressure ratio,
since the thermoacoustic conversion is enhanced. In the experiments, the highest pressure ratio is
1.27, when the mean pressure is 1 MPa and the heating power is 4200 W at the corresponding
heating temperature of 170°C.
1.30

1-stage
2-stage
3-stage
4-stage

210
180
150
120

1.25
1.20
1.15

Gas: CO2

90

1-stage
2-stage
3-stage
4-stage

1.10

60

1.05

30
0
0.01

Gas: CO2 Mean pressure: 1 MPa

Pressure ratio

Onset temperature (C)

240

0.1



1

Figure 2: Onset temperature vs. normalized
frequency

1.00
0

1000

2000

3000

4000

Heating power (W)
Figure 3: Pressure ratio vs. heating power

To verify the applicability of the LTTAE with low-grade thermal energy, an electric generator driven
by 3-stage LTTAE, as shown in Fig. 4, has been studied. A binary mixture of helium and argon was
adopted as the working fluid. Fig. 5 shows the output electric power and thermal efficiency (defined
as the ratio of output electric power to heating power) with different heating powers when the mean
pressure is about 2.5 MPa. When the heating power is 1770 W, the efficiency reaches its
maximum value 5%, corresponding to the relative Carnot efficiency of 15% (the corresponding
heating temperature is 190°C). It should be noted that the conversion from acoustic power to
electricity in the linear alternator is yet far from high efficiency, considering that it is modified from
an existing linear compressor by simply reversing its functioning direction. Further optimization is of
great necessity and has been scheduled in our near future efforts.
Another promising application is the thermoacoustic refrigerator. Ascribed to its characteristic of no
any moving part, it is convenient to switch between the engine and the refrigerator for a
thermoacoustic system. Figure 6 shows a thermoacoustic refrigerator modified from the 2-stage
LTTAE. When in operation, the thermal energy is converted into the acoustic power within the
engine stage, and the amplified acoustic power is delivered through the resonator to the
refrigerator stage, which pumps heat from the CHX to the AHX by consuming the acoustic power.
In this way, the cooling effect occurs. The onset temperature of the thermoacoustic refrigerator, as
shown in Figure 7, is significantly higher than that of the thermoacoustic engine, as shown in
Figure 2, because much more acoustic power is required to overcome the resistance in the
refrigerator stage. Figure 8 presents the heating temperature, the overall thermal efficiency (i.e.,
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the ratio of cooling power over heating power) and the cooling power with different heating power,
when the cooling temperature is 0°C. The heating temperature increases steadily with the rise of
heating power, as well as the cooling power. The overall thermal efficiency also goes up as heating
power is increased, but it seems to approach a plateau when the heating power is higher than 800
W. In the experiments, the highest overall thermal efficiency is 6.7%, with the corresponding
cooling power of 94 W and heating temperature of 314 °C. Due to the fact that this system,
although running as a refrigerator, was not originally designed for this aim, the overall thermal
efficiency is not optimal. Future study on this thermoacoustic refrigerator has also been in our
schedule.
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Figure 4: Schematic of the thermoacoustic
electric generator

Figure 5: Thermal efficiency and output electric
power vs. heating power
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4. CONCLUSIONS
In summary, the looped travelling-wave thermoacoustic engines (LTTAEs) with 1-4 stages are
proposed for low grade heat recovery. Results show that they could realize converting heat energy
into acoustic power at a heating temperature even lower than 50°C. The lowest onset temperature
is only 29°C, when the cooling temperature is 12°C and the CO 2 of 1 MPa or 1.5 MPa is adopted).
A thermoacoustic electricity generator driven by the heat source below 200°C has also been
developed, and a thermal-to-electric efficiency of 5% and an output electric power of 87 W are
achieved. A preliminary experimental verification of the thermally driven thermoacoustic refrigerator
has also been conducted. The highest overall thermal efficiency of 6.7% was achieved, with the
corresponding cooling power of 94 W and heating temperature of 314 °C.
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ABSTRACT
This paper presents the design and optimization of a micro moving-coil linear compressor for Stirlingtype pulse tube cryocoolers. The overall mass of the compressor is less than 450 g. It is designed
to operate at a high frequency of around 200 Hz, which is developed with the modified scaling
method based on the typical mid-sized compressors in the authors’ laboratory. The scaling factors
of moving mass and linear motor are studied in detail. A three-dimensional model is built to simulate
the magnetic field in the micro linear compressor. The non-uniform magnetic field influences the
direction of the specific thrust which decreases the efficiency of the linear compressor. The micro
linear compressor is worked out and then coupled with a pulse tube cold finger, which can provide
a cooling power of 0.85 W at 77 K.
Keywords: Linear Compressor, Magnetic Field, Miniaturization, Pulse Tube, Simulation.

1. INTRODUCTION
The Stirling-type pulse tube cryocooler (SPTC) is attractive for cooling infrared focal planes, filters
and cold optics, because there is no moving part at the cold end which results in long life and high
reliability. The SPTC is composed of the linear compressor and the pulse tube cold finger (PTCF).
The linear compressor, used to produce the oscillating pressure wave, serves as the energy source
of the SPTC and is the only moving part inside the SPTC. The miniaturization of a PTCF is much
easier compared to the linear compressor because there is no moving part in it. The miniaturization
of linear compressor is the core of the work since it has not only high-speed moving pistons but also
delicate and subtle magnetic circuits in it.
Several researchers have worked on the miniaturization of the linear-compressor-driven SPTC.
Petach et al. (2007) developed a micro SPTC for space flight payloads with a 415 g moving-coil
micro linear compressor. This compressor is scaled down from the flight heritage compressor. Olson
et al. (2014) developed a lightweight cryocooler which weights 310 g for tactical and space
applications. The micro moving-magnet compressor with less than 200 g used the same long-life
technology of Lockheed Martin’s large compressors: long-life flexure-bearing clearance-seal
technology. Nast et al. (2014) developed a 210 g moving-magnet compressor driven SPTC with
cooling capacity of 0.85 W at 150 K with 10 W of input power. The flexure-bearing and the clearanceseal technology were used for the linear compressor.
In the authors’ laboratory, a micro SPTC had been developed with an 800 g moving-coil linear
compressor operating at 90-170 Hz (Zhao et al., 2018). Then, a 700 g moving-coil linear compressor
was developed for a micro SPTC. After that, by using the modeling of the magnetic field of the linear
motor and optimized the size, a 500 g micro linear compressor is worked out and tested with a micro
PTCF which could produce 1.2 W of cooling power at 77 K.
In this paper, we present the investigation of a 450 g micro linear compressor operating at 200 Hz.
The micro linear compressor is developed with the modified scaling method based on the typical
mid-sized compressors in the authors’ laboratory (Dang, 2012; Dang, 2015; Zhang et al., 2015). The
scaling factors of moving mass and linear motor are studied in detail. A three-dimensional model is
built to simulate the magnetic field in the compressor. The micro linear compressor is worked out
and then tested with a micro pulse tube cold head.
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2. MICRO LINEAR COMPRESSOR DESIGN
Fig. 1 shows a schematic of a typical dual-opposed moving-coil linear compressor, which is
composed of the permanent magnet, the return irons and the moving coil, the cylinder, the pressure
vessel, the linear motor, the flexure springs and the pistons. The flexure-bearing and the clearanceseal technologies are employed.

Figure 1: Schematic of a moving-coil dual-opposed linear compressor

2.1.

Modified Scaling Method for Micro Linear Compressor

The modified scaling factors were proposed in the same laboratory (Zhang, 2015), which are benefit
for making the structure more appropriate and decreasing the difficulty of the manufacture. In the
process of scaling, only some key components are scaled while other ones keep unchanged.
Table 1 shows the modified scale factors compared to the original scale factors (Marquardt et al.,
1992) for the micro linear compressor.
Table 1. Scaling factors for the micro linear compressor

Parameters
Frequency, f
Diameter of piston, D
stroke, Sp
Thickness of coil, (Doc-Dic)
Width of coil, wc
Volume of coil, Vc
Mechanical spring stiffness, km
Forces
Diameter of flexure spring, Ds
Thickness of flexure spring, ts
Number of flexure spring, Ns
Thickness of clearance gap, tgap
Moving mass, m
Gas spring stiffness, kg

Modified scale factor
1/K
K
K
1
Modified calculating
K2
K
K2
Modified calculating
Standard dimensions
0.5
K2/3
K3
K

Original scale factor
1/K
K3/2
K
K
K
K3
K2
K3
K
K
K
K
K4
K2

Besides the parameters in Table 1, the no-load characteristics which represent the intrinsic
properties of the linear compressor should also be analyzed. In this case, K is 0.51 and the resonant
frequency will be 100 Hz considering the limitation of the size and manufacture technology.
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2.2.

Partial Scaling

Based on the theoretical analysis in section 2.1, the designed linear compressor will work at 100 Hz
with an overall weight of 500 g. In this paper, the goal of the frequency is 200 Hz. And thus the
parameters of the piston and flexure springs must be changed to fulfill the requirement. Meanwhile,
the output power and the efficiency of the micro linear compressor changes slightly. The resonant
frequency is given by:
𝑘𝑚 +𝑘𝑔

1

𝑓𝑛 = 2𝜋 √

Eq. (1)

𝑚

where 𝑘𝑔 is the gas spring stiffness, 𝑘𝑚 is the mechanical spring stiffness and 𝑚 is the mass of the
piston.
𝑘𝑚 is determined by the flexure springs. There are several important dimensional parameters such
as the number of the flexure springs 𝑁𝑠 , the thickness 𝑡𝑠 , the diameter 𝐷𝑠 , the length of the spring
arm 𝐿𝑠 and the width of the spring arm 𝑤𝑠 . The mechanical spring stiffness is equal to the axial
stiffness of the flexure spring which can be expressed as follow:
𝑘𝑚 =

3𝑁𝑠 𝐸𝑤𝑠 𝑡𝑠3
𝐿3𝑠

∝

𝑁𝑠 𝐸𝑡𝑠3
𝐷𝑠3

Eq. (2)

where 𝑤𝑠 and 𝐿𝑠 are proportional to 𝐷𝑠 .
When coupled with the cold finger, the gas and the piston surface can be regarded as a spring. And
the gas spring stiffness can be given by:
𝑘𝑔 =

𝑎𝑝 ∆𝑃
𝑠

Eq. (3)

𝑐𝑜𝑠𝜑

where 𝑎𝑝 is the areas of the piston surface, ∆𝑃 is the amplitude of the dynamic pressure.
In this paper, the goal is to obtain a 450 g linear compressor operating at 200 Hz, with further
optimization on the theoretical designed 500 g linear compressor given above. So, the 𝑓𝑛 should be
equal to 200 Hz with the scale factor of 1/K. Thus, both the scale factors of m and 𝑁𝑠 should be
changed to K.
Eq. (4)
Eq. (5)
Eq. (6)

𝑘𝑚 ∝ 1/𝐾
𝑘𝑔 ∝ 1/𝐾
m∝K
The resonant frequency can be given by:
1

𝑘𝑚 +𝑘𝑔

𝑓𝑛 = 2𝜋 √

𝑚

Eq. (7)

∝ 1/𝐾

Under this circumstance, the linear compressor will resonate at 200 Hz. The power delivered by the
motor can be given by:
〈𝑊̇𝑚𝑜𝑡𝑜𝑟 〉 = 𝜋𝑠𝑓|𝐹⃑ |

Eq. (8)

The PV power from the compressor can be defined by:
2

𝜋
𝜋
〈𝑊̇𝑃𝑉 〉 = 𝑓𝑃1 𝑉𝑐 sin 𝜑 = 𝑓𝑠𝐷𝑝2 ∆𝑃
2
8

Eq. (9)

The motor efficiency can be expressed by:
𝜂𝑒 =

〈𝑊̇𝑃𝑉 〉
〈𝑊̇𝑚𝑜𝑡𝑜𝑟 〉

=

𝜋2
𝑓𝑠𝐷𝑝2∆𝑃
8

𝜋𝑠𝑓|𝐹⃑ |

=

𝜋𝐷𝑝2 ∆𝑃
8|𝐹⃑ |
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The re-designed micro linear compressor has almost the same motor efficiency as that of the 500 g
one. In the analysis, the current of the linear compressor i and the piston displacement x can be
expressed as:
Eq. (11)
Eq. (12)

x = Xm cos 2πft
i = −Im sin(2πft − θ)

where 𝑋𝑚 and 𝐼𝑚 are the amplitudes of the piston displacement and the current, respectively. 𝜃 is
the phase angle between the piston velocity and the motor force. The force balance can be
expressed as:
Eq. (13)

mẍ + cẋ + k m x + Fp = BLw I
Substituting Eq. (11) and Eq. (12) into Eq. (13), and Im can be expressed as:
X

Eq. (14)

Im = BLm √(k m − 4mπ2 f 2 )2 + 4cπ2 f 2
w

When the terms 𝐵𝐿𝑤 , 𝑘𝑚 , 𝑚, 𝑓, 𝑐, 𝑅 and 𝐿 are fixed, the amplitudes of the current are in proportion
to the piston displacement amplitude. Therefore, the stroke can be controlled directly by changing
the current. Eq. (14) can be rewritten as:
Im =

X m km
√(1
BLw

− τ2 )2 + 4τ2 ξ2 =

X m km
√τ4
BLw

+ 2(2ξ2 − 1)τ2 + 1

where the frequency ratio 𝜏 = 𝑓/𝑓𝑛 and the damping ratio 𝜉 =

𝑐
2√𝑚𝑘𝑚

Eq. (15)

are non-dimensional

coefficients. The optimal frequency ratio is founded to be τopt = √1 − 2ξ2 .
2.3.

Optimization of Magnetic Structure

The efficiency of the linear motor significantly influences the performance of the linear compressor.
The linear motor force, maximum input power and motor efficiency will be directly affected by the
magnetic field intensity inside the air gap of the linear motor. When the material of the permanent
magnet is chosen, the magnetic field intensity and distribution will be determined by the dimensional
parameters of the magnetic circuit. In order to obtain a steady sinusoidal force by the moving coil,
the magnetic field intensity in the air gap should be uniform. So, a three-dimensional theoretical
model for the micro magnetic structure is established as follows.

Figure 2: Key parameters of the magnetic structure

Fig. 2 shows some important parameters of the model of linear motor which consists of the air gap,
the permanent magnet, the return irons, and the coil. There are several important geometrical
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parameters such as the width of air gap wg, the thickness of air gap tg, the width of permanent magnet
wm, and the outer radius of permanent magnet rom.
Simulations of the magnet circuit have been put forward with different geometries. The optimal case
is chosen under the circumstances that the magnetic field is uniform and the magnetic field intensity
is larger than 1 T. Fig. 3 shows the simulation results of the optimal case. The magnetic field inside
the air gap is uniform, and the lowest magnetic field intensity is 1.02 T which can fulfill the
requirements of the design. In Fig. 3b, magnetic field intensity of most parts of the return irons is in
the range from 1.28 T to 1.646 T. Although, there still exists some parts which have only 0.002 T
inside. they are far from the moving coil and thus will not affect its movement.

(a)

(b)

Figure 3: (a) Magnetic field inside the air gap (b) Magnetic field inside the return irons

2.4.

Simulation of Micro Compressor Coupled with Micro PTCF

A micro PTCF is designed to couple with the developed micro linear compressor. The simulated
cooling performances with different frequencies are shown in Fig. 4. It can be observed that the
cooling capacity increases sharply when the frequency rises from 190 Hz to 198 Hz. Then, it turns
to drop when the frequency increases from 200 Hz to 210 Hz. The optimal frequency of the SPTC is
around 200 Hz and a cooling capacity of 1.04 W at 77 K can be achieved with 90% of full stroke.

Figure 4: Variations of cooling capacity with operating frequency
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3. EXPERIMENTAL RESULTS
3.1.

Manufacture of Micro Linear Compressor

Based on the design and optimization, the micro linear compressor is manufactured. Fig. 5 shows
the photos of the micro linear compressor and several key components. Fig. 5a shows the micro
linear compressor compared to a cola can. The overall mass of the linear compressor is 450 g. Fig.
5b shows the comparison between the original piston and the scaled one. Fig. 5c and 5d show the
magnetic structure and the coil of the developed linear motor, respectively.

Figure 5: Photos of some important components of the micro linear compressor

Fig. 6 shows the comparison between the simulated and experimental results, in which the changing
trends of the magnetic field intensity are similar. The magnetic field intensity decreases from the
inside of the air gap to the outside. The measured magnetic field intensity in the air gap varies from
0.9 T to 0.92 T, which is about 0.2 T lower than the simulated ones. There are two reasons for the
discrepancy. First, the actual permanent magnet is not full magnetized, and thus the actual magnetic
field intensity in the air gap is reduced. Second, there are fixed holes on the return iron 2, which has
a negative effect on magnetic field intensity.

(a)

(b)

Figure 6: Simulated and experimental results: (a) the average magnetic field intensities in axial
direction at r=1.2 mm. (b) the magnetic field intensities in radial direction at x=3 mm

3.2.

Experimental Results of PTCF Coupling with Micro Linear Compressor

An actual micro PTCF is worked out based on the design and optimization. Then the developed
micro linear compressor is coupled with the micro PTCF and tested. Fig. 7 shows the experimental
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results, in which fig. 7a shows the variations of efficiency of the linear compressor and cooling
capacity with different operating frequencies. The optimal operating frequency is 199 Hz which is
slightly lower than the simulated one. And it can be observed that the changing trend of the motor
efficiency is similar to that of the cooling capacity at 80 K. And both of them rise with the increasing
frequency if the frequency is lower than 199 Hz. When the frequency continues increasing, both of
them decrease. Fig. 7b shows the performance of the SPTC driven by the micro linear compressor
at 199 Hz. A cooling power of 0.85 W at 77 K can be obtained with an input power of 50 W. The
result is slightly lower than the simulated one. The reason for this is that the average magnetic field
intensity is slightly lower than the simulated one which results in a decrease of the performance of
the linear compressor and cooling power. Also, the dimensional parameters of the experiments are
slightly different from the simulated ones which also leads to the discrepancy on cooling power.

(a)

(b)

Figure 7: (a) Variations of compressor efficiency and cooling capacity with different operating
frequency (b) Variations of cooling capacity and COP with cold tip temperature

4. CONCLUSIONS
This paper presents theoretical and experimental investigations of a 450 g linear compressor
operating at 200 Hz. The micro linear compressor is designed by using the modified scaling method,
and then it is optimized by adjusting the moving mass and flexure springs. The linear motor is
optimized based on magnetic field simulation. The experimental and simulated results are compared
and they have the similar changing trends. The magnetic field intensity of the experiments is only
slightly lower than that of the simulation. The reasons for the small discrepancy are that the actual
permanent magnet is not full magnetized and that the return iron has a fixed hole in it. The micro
linear compressor is worked out and then tested by coupling with a micro pulse tube cold head. The
compressor input power is 50 W and the SPTC has a cooling power of 0.85 W at 77 K.
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NOMENCLATURE
ap

areas of the piston surface (m2)

m

moving mass (kg)

D

diameter of piston (m)

Ns

number of flexure spring

Ds

diameter of flexure spring (m)

∆P

amplitude of the dynamic pressure (Pa)

Doc

outer diameter of coil (m)

rom

outer radius of permanent magnet (m)
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Dic

inner diameter of coil (m)

s

stroke (m)

Dp

diameter of piston (m)

ts

thickness of flexure spring (m)

Ds

diameter of flexure spring (m)

tgap

thickness of clearance gap (m)

E

Young’s modulus

tg

thickness of air gap (m)

F

force (N)

Vc

volume of coil (m3)

f

frequency (Hz)

wc

width of coil (m)

fn

resonant frequency (Hz)

wg

width of air gap (m)

K

scale factor

wm ,

width of permanent magnet (m)

km

mechanical spring stiffness (N/m)

ws

width of the spring arm (m)

kg

gas spring stiffness (N/m)

W motor

power delivered by motor (W)

Lp

length of piston (m)

W PV

pV power (W)

Ls

length of the spring arm (m)

ηe

motor efficiency
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ABSTRACT
The balanced ambient room type calorimeter is generally used as the cooling capacity
measurement standard equipment in the air conditioner industry. However, the calibration
procedure is not investigated. In this study, based on the empty-load situation of calorimeter, the
calibration model is proposed in order to restrain the error of heat balance caused by long-term use.
Besides, two new parameters, which are background value of indoor-side and outdoor-side, are
presented in accordance with the calibration model. Experiments are designed to obtain these two
parameters and three heat leakage coefficients of partition wall, as well as the calibration
procedure and application method of the parameters are illustrated. The corrected calorimeter
measures ten different window type air conditioners in one year. The results show that the absolute
value of heat balance is less than 2% in the cooling capacity range of 2000W~4500W and 1% in
the range of 4500W~7000W.
Keywords: Calibration, Calorimeter, Heat balance, Cooling capacity.

1. INTRODUCTION
The balanced ambient room type calorimeter (ANSI/ASHRAE 16, 2014; GB/T 7725, 2004; ISO
5151, 2017), as shown in Figure 1, which provides approximate thermal insulators based on the
conservation of energy and mass, converts the cooling capacity measurement into the
measurements of electrical power, heat exchange of cooling coil, heat leakage of partition walls,
heat transfer caused by evaporation and condensation water, et. al. Normally, the calorimeter has
four test rooms, two of them are test chamber(shown as 2 and 10 in Figure 1), and the other two
are controlled-temperature air spaces(shown as 1 and 12 in Figure 1). In order to decrease the
heat leakages of partition wall, the air space can adjust the temperature to the test chamber's.
Although calorimeter has more measurement parameters than the indoor air enthalpy test method
apparatus (ANSI/ASHRAE 58, 2014), the calorimeter is used as the cooling capacity measurement
standard equipment in the room air conditioner industry because of the higher accuracy (Néstor,
2009).
Various type of sensors and instruments are installed in the calorimeter, and the measurement
parameters include electrical power, temperature, pressure, flow and mass. Due to the long-term
use of calorimeter, the measurement results of the sensors and instruments possibly drift, and this
situation can lead to the unpredictable error of cooling capacity measurement. Therefore, periodic
check, calibration and correction for the sensors and instruments are essential to the accuracy of
calorimeter. For now, the calibration procedure of calorimeter focus on the sensors and
instruments which can be calibrated in the field, such as the resistance temperature detectors, the
pressure transmitters and the digital power meters. The procedure, which regards the sensors, the
data acquisition unit and the software as a integrated system, conducts the field calibration with the
external sources. This part of procedure, which is proven by the practical calibration, is well applied
in China air conditioner industry.
However, a part of sensors are inappropriate to the field calibration because of the field restrictions.
For example, the thermocouples on the partition walls, which are dispersive in position, and
surround which the space is narrow and small for the calibration equipments. Anther example, the
flow meter of cooling water, which need to disassemble because of the deficiency of calibration
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ports in the cooling water pipeline. For these sensors, the field calibration is usually not conducted,
or the period of calibration is extended in practice. But this handling way can result in some issues,
around which the zero drift of heat balance measurement is most apparent, to the accuracy of
calorimeter.

1 indoor-side air space, 2 outdoor-side test chamber, 3 cooling coil, 4 heating coil, 5 humidifier, 6
fan, 7 mixer, 8 air sampling tube, 9 equipment under test, 10 indoor-side test chamber, 11 pressure
equalization device, 12 outdoor-side air space.
Figure 1: Room type calorimeter

In this study, the calibration model, which converts the field calibration of thermocouples into the
measurement of the coefficients of heat leakage, is proposed based on the empty-load situation of
calorimeter. And the practical calibration procedure, which ensure the measurement accuracy of
energy flow, improves the issue of heat balance zero drift. Finally, this procedure is applied to a
calorimeter, and the heat balance measurement results verify its practicality.

2. THE CALIBRATION MODEL OF CALORIMETER
The objective of calorimeter calibration is to guarantee the accuracy of heat flow measurement.
The heat flow, which is related to the sensors unsuitable for filed calibration, is the heat leakage of
partition wall. The heat leakage is the product of the temperature measurement results and the
heat leakage coefficients. Under the condition that the temperature measurement sensors can not
be calibrated, the accuracy of heat flow measurement also can be achieved through the
adjustment of heat leakage coefficients.
Therefore, in order to obtain the coefficients of heat leakage, the calibration model of calorimeter is
established based on the simplest measurement situation which eliminates unnecessary
interference factors caused by the air conditioner under test, water evaporation and condensation.
In accordance with the analysis of heat flow, the simplest measurement of calorimeter is the
empty-load situation, under which the pressure equalization device and humidifier are closed. The
energy flow chart of the empty-load is shown as figure 2.

1 indoor-side test chamber, 2 outdoor-side test chamber, 3 controlled-temperature air space, 4
pressure equalization device, 5 the separating partition of test chambers.
Figure 2: The integrated calibration model under empty load
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From Figure 2, it can be seen that only three kinds of energy flow are involved, they are the
electrical power flowing in the test chambers (red arrows in Figure 2), the heat removed by cooling
coils (blue arrows in Figure 2) and the heat leakage of the partition walls (yellow arrows in Figure
2). According to the conservation of energy, the energy that flowing in a test chamber equals to the
energy flowing out. As a result, the indoor-side cooling capacity can be expressed as

tci  Pin  ci  li  lp

Eq. (1)

Similarly, outdoor-side heating capacity can be expressed as

tco  co  Po  lo  lp

Eq. (2)

Bring li  Li  ti1 - ti2  , lo  Lo  to1 - to2  and lp  Lp  to3 - ti3  into Eq.(1) and Eq.(2), we have

tci  Pin  ci  Li  ti1  ti2   Lp  to3  ti3 

Eq. (3)

tco  co  Po  Lo  to1  to2   Lp  to3  ti3 

Eq. (4)

The Eq.(3) and Eq.(4) are the calibration model of calorimeter.
Moreover, in this model, the room type calorimeter is working under empty-load situation. In other
words, there is no air conditioner under tested, which means indoor-side cooling capacity and
outdoor-side heating capacity equal to zero. Then, the calibration model can be expressed as

Pin  ci  Li  ti1  ti2   Lp  to3  ti3   0

Eq. (5)

co  Po  Lo  to1  to2   Lp  to3  ti3   0

Eq. (6)

In Eq.(5) and Eq.(6), only three coefficients of heat leakage Li, Lp and Lo are unknown, and the
other parameters can be measured through the experiments. Then the coefficients of heat leakage
can be obtained.
However, when these coefficients are brought back to Eq.(3) and Eq.(4) with the experiments data,
the indoor-side cooling capacityφtci and outdoor-side heating capacityφtco not equal to zero. And
φtci andφtco should be treated as the measurement background values of the calorimeter, which
denoted by Bi and Bo.
To sum up, the system parameters include three coefficients of heat leakages and two background
values.

3. THE MEASUREMENT METHOD OF SYSTEM PARAMETERS
According to Eq.(5) and Eq.(6), the coefficients of heat leakage and background values can be
calculated by designed experiments. The set values of ambient temperature are shown in Table 1.
Table 1. Ambient temperature set values (dry bulb temperature, ℃)

Indoor-side test outdoor-side test
Indoor-side air
outdoor-side air
chamber
chamber
space
space
1
20
40
20
40
2
20
20
40
40
3
27
35
27
35
From Table 1, under the conditions of experiment 1, the heat mainly flows from the outdoor-side
test chamber into the indoor-side test chamber through partition wall because of the obvious
temperature difference between the two test chambers. On the contrary, under the conditions of
experiment 2, the heats mainly flow from the air spaces into the test chambers through the
surrounding walls because of the obvious temperature difference between the two sides of
surrounding walls. The experiment 3, which is similar to T1 Standard cooling capacity rating
conditions (ISO 5151, 2017), aims to obtain the background values of empty-load situation.
The coefficients of heat leakage can be obtained from the experiment 1 and experiment 2. For the
purpose of measurement accuracy, the temperature difference are extended to 20℃ shown in
Table 1. In accordance with Eq.(5) and Eq.(6), we have
Experiment No.
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Pin -c1  ci -c1  Li  t i1-c1  t i2-c1   Lp  t o3-c1  t i3-c1   0

Eq. (7)

co -c1  Po-c1  Lo  t o1-c1  t o2-c1   Lp  t o3-c1  t i3-c1   0

Eq. (8)

Pin -c2  ci-c2  Li  t i1-c2  t i2-c2   Lp  t o3-c2  t i3-c2   0

Eq. (9)

co -c2  Po-c2  Lo  t o1-c2  t o2-c2   Lp  t o3-c2  t i3-c2   0

Eq. (10)

where the subscript -c1 denotes the results of experiment 1, and the subscript -c2 denotes the
results of experiment 2.
In experiment 1, the temperature differences of surrounding walls are very small. Similarly, in
experiment 2, the temperature difference of partition wall is also very small. Then, Eq. (7) to Eq.
(10) can be simplified as

Pin -c1  ci-c1  Lp  t o3-c1  t i3-c1   0

Eq. (11)

co -c1  Po-c1  Lp  t o3-c1  t i3-c1   0

Eq. (12)

Pin -c2  ci -c2  Li  t i1-c2  t i2-c2   0

Eq. (13)

co -c2  Po-c2  Lo  t o1-c2  t o2-c2   0

Eq. (14)

Further, the coefficients of heat leakage are expressed as

Lp 

Pin -c1  ci -c1  Po-c1  co -c1
2  t i3-c1  t o3-c1 

Eq. (15)

Pin -c2  ci -c2
ti2-c2  ti1-c2 

Eq. (16)

co -c2  Po-c2

Eq. (17)

Li 
Lo 

t o1-c2  to2-c2 

The background values Bi and Bo can be obtained from the measurement method or the
calculation method.
When the measurement method is adopted, the background values can be measured through the
experiment 3 with the coefficients which are obtained from experiment 1 and experiment 2. The
background values can be expressed as

Bi  Pin -c3  ci -c3  Li  t i1-c3  t i2 -c3   Lp  t o3-c3  t i3-c3 

Eq. (18)

Bo  co -c3  Po-c3  Lp  t o3-c3  ti3-c3   Lo  t o1-c3  t o2 -c3 

Eq. (19)

where the subscript -c3 denotes the results of experiment 3.
When the calculation method is adopted, the background values can be calculated by Eq.(7) and
Eq.(8) because experiment 1 is similar to the experiment 3. The background values can be
expressed as

Bi  Pin -c1  ci -c1  Li  t i1-c1  t i2 -c1   Lp  t o3-c1  t i3-c1 

Eq. (20)

Bo  co -c1  Po-c1  Lp  t o3-c1  t i3-c1   Lo  t o1-c1  t o2 -c1 

Eq. (21)

Both of the above methods can be applied to get the background values. The measurement
method is closer to the actual measurement situation, and the calculation method can reduce the
experimental workloads. In practice, it can be selected according to the requirements.
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4. RESULTS AND APPLICATION
4.1.

The results of system parameters

In order to ensure the accuracy of measurement data, some preparations should be made before
the measurements of the system parameters.
A) The calibration and correction to the electrical power measurement system. The sensors and
instruments in electrical power measurement system normally includes the digital power meters
and the current transformers, and they all should be calibrated and corrected.
B) The calibration and correction to the resistance temperature detectors which measure the inlet
water temperature and the outlet water temperature of the cooling coil. We suggest the fitting
correction for the purpose of the accuracy in the full range of temperature measurement.
Then, the pressure equalization device should be closed throughout the measurements of system
parameters, and the ambient temperatures of the calorimeter should be set according to Table 1.
Besides, the mass flows of the cooling water for the cooling coils in indoor-side test chamber and
outdoor-side test chamber are both set at 400 kg/h, and the temperature of the cooling water tank
is set at 10 ℃. The measurement results are shown in Tables 2, 3 and 4.
No.
1
2
3
4
5
6
7
8
9
Average
No.
1
2
3
Average
No.

Pin(W)
3549.9
3556.4
3547.6
3748.8
3755.1
3765.2
3792.9
3793.7
3784.3
3699.3
Pin(W)
3426.8
3429.4
3408.5
3421.6

Table 2. Measurement results from experiment 1

Φci(W)
3564.9
3570.7
3579.6
3787.5
3797.2
3800.9
3831.5
3824.9
3816.6
3730.4

Po(W)
12977.2
12988.7
13018.0
13373.1
13253.5
13163.5
12369.8
12311.3
12280.8
12859.5

Φco(W)
12765.5
12784.6
12793.3
13120.0
13027.5
12955.5
12067.0
12063.8
12062.9
12626.7

ti1(℃)
20.25
20.25
20.25
20.28
20.28
20.26
20.30
20.30
20.30
20.27

ti2 (℃) ti3 (℃) to1 (℃)
19.90 20.14 39.96
19.90 20.14 39.97
19.90 20.14 39.97
19.92 20.13 39.97
19.92 20.13 39.99
19.93 20.14 40.01
19.92 20.10 39.99
19.93 20.09 40.00
19.92 20.09 40.02
19.92 20.12 39.99

Table 3. Measurement results from experiment 2

Φci(W)
3760.5
3755.1
3744.0
3753.2

Po(W)
3302.0
3336.2
3346.4
3328.2

Φco(W)
3777.9
3761.4
3746.4
3761.9

ti1(℃)
39.68
39.69
39.69
39.69

ti2 (℃) ti3 (℃) to1 (℃)
20.19 19.90 39.62
20.19 19.87 39.90
20.19 19.87 39.61
20.19 19.88 39.71

to2 (℃)
40.21
40.19
40.16
40.05
40.07
40.08
40.01
40.05
40.06
40.10

to3 (℃)
39.74
39.73
39.68
39.47
39.50
39.49
39.45
39.47
39.46
39.55

to2 (℃)
20.44
20.42
20.39
20.42

to3 (℃)
19.95
19.92
19.90
19.92

Table 4. Measurement results from experiment 3

Pin(W) Φci(W) Po(W) Φco(W) ti1(℃) ti2 (℃) ti3 (℃) to1 (℃) to2 (℃) to3 (℃)
1
6540.4 6509.0 9996.7 9845.4 27.22 26.93 26.97 35.02 35.07 34.68
2
6533.7 6505.8 10017.8 9852.7 27.23 26.93 26.96 35.04 35.08 34.68
3
6511.8 6488.2 9990.1 9851.9 27.23 26.93 26.96 35.04 35.09 34.68
4
6528.3 6500.4 10001.1 9850.3 27.23 26.93 26.97 35.03 35.08 34.68
Average 6528.6 6500.9 10001.4 9850.1 27.23 26.93 26.97 35.03 35.08 34.68
Table 2 shows 9 groups of measurement results under the conditions of experiment 1. According
to Eq.(15), the calculated results is in the range from 5.6 W/℃ to 8.8 W/℃, and the average value
6.8 W/℃ is used as the coefficient of heat leakage Lp.
Table 3 shows 3 groups of measurement results under the conditions of experiment 2. According
to Eq.(16) and Eq.(17), the calculated results of Li and Lo are in the range from 16.7 W/℃ to 17.2
W/℃ and from 20.8 W/℃ to 24.8 W/℃ separately, the average value 17.0 W/℃ and 22.5 W/℃ are
used as the coefficients of heat leakage Li and Lo.
When the calculation method is adopted, three coefficients of heat leakage are brought back to
Eq.(20) and Eq.(21), the calculated results of background value Bi is in the range from 95.7 W to
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124.9 W, and the average value is 107.0 W. And the calculated results of background value Bo is
in the range from -170.8 W to -65.9 W, and the average value is -98.2 W.
When the measurement method is adopted, 4 groups of measurement results under the conditions
of experiment 3 are shown in Table 4. In accordance with Eq.(20) and Eq.(21), the measurement
results of background value Bi is in the range from 81.2 W to 88.8 W, and the average value is
85.2 W. And the measurement results of background value Bo is in the range from -111.7 W to 84.6 W, and the average value is -97.8 W.
Table 5. Results of system parameters

Bo (W)
Li (W/℃)
Method
Bi (W)
Lp (W/℃)
Lo (W/℃)
Calculation
107.0
-98.2
method
Measurement
17.0
6.8
22.5
85.2
-97.8
method
Average
96.1
-98.0
The results of system parameters are shown in Table 5. It can be seen that the results of Bo
obtained from the two methods are very close. But the difference between the results of Bi
obtained from the two methods is 21.8 W. Under the condition that much higher measurement
accuracy is required, we suggest that the average values of Bi and Bo should be adopted in the
measurement of cooing capacity.
4.2.

Application of the system parameters

The using conditions of the system parameters are determined based on the measurement
situation of the calorimeter. Three coefficients of heat leakage should be applied to all of the
measurement situation. The application of two background values is according to the working
situation of the cooling coil in the test chamber.
The measurement of air conditioner using the calorimeter is the comparison of the different
measurement situation of the calorimeter. If the calibration model is considered as the basic
situation, the measurement results of the indoor-side and outdoor-side are the background values
Bi and Bo. Moreover, this basic situation is based on the empty-load measurement under which the
cooling coils in the test chambers are all running. Then, an air conditioner is installed in the
calorimeter. Under this load situation, the measurement results of indoor-side cooling capacity and
outdoor-side heating capacity are denoted by Φtci-t and Φtco-t. Due to the difference of
measurement results under two situations is caused by the air conditioner under test, therefore the
cooling capacity and heating capacity of the air conditioner are Φtci-t - Bi and Φtco-t - Bo.
In practice, the cooling coil in the indoor-side test chamber is possibly not working. For the basic
situation, if the cooling coil does not remove heat from test chamber, the heating coil is not
necessary. Under this basic situation, the energy flows of the indoor-side test chamber only include
the heat leakages, which have been considered in the cooling capacity measurement. Therefore,
the background value of indoor-side Bi equals to zero, and the cooling capacity of indoor-side is
Φtci-t.
The application of the system parameters, especially the application of the background values, can
improves the issues of heat balance zero drift. To verify the effect of the system parameters, the
results in Table 5 is applied to the calorimeter. And 10 window type air conditioners are measured
using the calorimeter in one year, the arrangement photos are shown in Figure 3.

(a) indoor-side test chamber

(b) outdoor-side test chamber

Figure 3: Arrangement photos of window type air conditioner in the calorimeter
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The heat balance results of the 10 measurements are shown in Figure 4. The results show that the
absolute value of heat balance is less than 2% in the cooling capacity range of 2000W~4500W and
1% in the range of 4500W~7000W.

Figure 4: Heat balance results measured by room type calorimeter

5. CONCLUSIONS
In this study, the calibration model of the balanced ambient room type calorimeter is established
based on the empty-load situation. In accordance with the model, the system parameters, which
include three coefficients of heat leakage and two background values of test chamber, are
proposed to improve the issue of heat balance zero drift. And the calibration procedure of system
parameters, which is given by the designed experiments, is applied to the calorimeter. Then the
using conditions of the parameters are analyzed, and we conclude that the background value of
indoor-side test chamber can be obtained through the measurement method or the calculation
method under the condition that the cooling coil is working; the background value equals to zero
under the condition that the cooling coil is not working. The parameters are applied to the
calorimeter which measures 10 different window type air conditioners in one year. The results
show that the absolute value of heat balance is less than 2 % in the cooling capacity range of
2000W~4500W and 1% in the range of 4500W~7000W.
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NOMENCLATURE
Φtci

indoor-side cooling capacity (W)

Φtco outdoor-side heating capacity (W)
Φli
Φco
Φlo
Bi
Bo

heat leakage of indoor-side surrounding
wall (W)
cooling capacity of outdoor-side cooling
coil (W)
heat leakage of outdoor-side surrounding
wall (W)
Background value of indoor-side cooling
capacity (W)
Background value of outdoor-side heating

Pin

Φci
Φlp
Po
Li
Lp
Lo

total electrical power consumed by indoorside test chamber (W)
cooling capacity of indoor-side cooling coil
(W)
heat leakage of separating partition wall
(W)
total electrical power consumed by
outdoor-side test chamber (W)
coefficient of heat leakage through indoorside surrounding wall
coefficient of heat leakage through
partition wall
coefficient of heat leakage through
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ti1
ti2
ti3

capacity (W)
external surface average temperature of
indoor-side test chamber surrounding wall to1
(℃)
Internal surface average temperature of
indoor-side test chamber surrounding wall to2
(℃)
indoor-side average temperature of
to3
partition wall (℃)

outdoor-side surrounding wall
external surface average temperature of
outdoor-side test chamber surrounding
wall (℃)
Internal surface average temperature of
outdoor-side test chamber surrounding
wall (℃)
outdoor-side average temperature of
partition wall (℃)

REFERENCES
ANSI/ASHRAE 16-1983 (RA 2014), 2014. Method of Testing for Rating Room Air Conditioners and
Packaged Terminal Air Conditioners. American Society of Heating, Air-Conditioning and
Refrigeration Engineers, Inc., Atlanta, 2-10.
ANSI/ASHRAE 58-1986 (RA 2014), 2014.Method of Testing for Rating Room Air-Conditioner and
Packaged Terminal Air-Conditioner Heating Capacity. American Society of Heating, AirConditioning and Refrigeration Engineers, Inc., Atlanta, 2-10.
GB/T 7725, 2004. Room air conditioners. China National Institute of Standardization, China, 19-62.
ISO 5151, 2017. Non-ducted air conditioners and heat pumps - Testing and rating for performance.
International Organization for Standardization, Geneva, Switzerland, 1-33.
Néstor, F.D., 2009. Methodology for uncertainty calculation of net total cooling effect estimation for
rating room air conditioners and packaged terminal air conditioners. J. International Journal
of refrigeration 32(2009), 1472-1477.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

198

Manuscript ID: 487
DOI: 10.18462/iir.icr.2019.0487

Problems in design of cooling systems for particle detectors
and relevant electronics
Vaclav VACEK(a, b), Martin DOUBEK(a)
(a)

Czech Technical University in Prague, Department of Physics, Technická 4, 16607 Prague 6,
Czech Republic
(a)
Unicorn College s.r.o., V Kapslovně 2, 13000 Prague 3, Czech Republic
e-mail vaclav.vacek@fs.cvut.cz

ABSTRACT
We present the main design approaches for cooling systems of particle detectors and their
electronics. The paper summarizes our 25 years-long participation and experience in design and
implementations of cooling systems for major detector projects at CERN. We present some typical
use cases that differ in cooling power and employ different refrigerants or refrigerant mixtures.
The first use case deals with a small, lightweight mobile device using air as cooling medium that is
aimed for applications requiring cooling power up to thousand watts or lower and temperatures down
to -40°C.
The second use case represents evaporative system using fluorocarbon refrigerants (as both a
single fluid and mixtures) capable of cooling the electronics down to -30°C. The unusual demand for
vapour tubes without thermal insulation resulted in special design measures to keep surfaces of
exhaust pipes from evaporator above a dew point.
The results achieved in the above use cases will reflect running condition experience on typical
installations, now in service for more than 8 years. Notes about mathematical modelling and
simulation will indicate a reduction in development and experimental time needed for verification of
the final solutions.
Keywords: cooling systems; detectors and electronics; refrigerants, fluorocarbons; sonar-based
analyser/flowmeter.

1. INTRODUCTION
Our research group from the Department of Physics has participated in detector cooling projects at
CERN over the last 25 years. Experience collected during that period leads us to the statement that
special cooling systems (CS) designed for the particle detector cooling, and also for cooling of hightech, electronics have many specific features that require a different approach when compared to
the traditional refrigeration industry applications, both in design period, and later during the actual
implementation of the projects. We have acquired most of our experience through our participation
in design and commissioning of the cooling system for the Inner detector (ID) of the ATLAS project.
We have participated mainly in design, development and testing of the cooling structures of the pixel
part of the Atlas experiment that later resulted in selecting a common evaporative cooling system,
also for the second part of the inner detector, i.e. its strip part. The cooling system has been
described many times in literature (Attree et al., 2008) and (Hallewell et al., 2007). It is modified
compressor-condenser system with cooling power about 70 kW circulating approximately 1.13 kg/s
of R 218 refrigerant through 204 loops with different mass flow rates to keep silicon surface of the
detectors approximately at - 7°C. Each loop is equipped with pressure regulator (PR), backpressure
regulator (BPR) and shut off valves, all pneumatically operated. The complexity of this work allows
us to outline some major differences that one has to consider in this special field and we summarize
these differences as follows:
• We are cooling down unique and extremely expensive high-tech electronics that will not be
possible to replace if some damage or failure of the cooling system occurs. All parts must be
continuously cooled and maintained at the required temperature over the lifetime of the
experiment (more than 10 years). So generally used COP efficiency of CS is not the highest
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priority in the applications but the fact that we have to supply refrigerant to the evaporators
all the time and achieve the required temperature according to the specifications of the
electronics is more important.
• The most of the experience and standard parts known in the refrigeration industry are
excluded due to the working environment (radiation and strong magnetic field).
• The evaporator tubes are often supporting elements for the delicate and very expensive
detector electronics. They have to be extremely light, but firm due to the alignment needs.
• Space constrains (available space is unfortunately „shrinking“ during the assembly once the
engineering specifications are revised) limiting the possibility of insulation and make
refrigerant tube layouts very complex with large number of bends and connectors (i.e.
potential threats of leaks …).
• Limited accessibility inside of the detectors structure does not allow servicing of the cooling
components and it must ensure that parts lifetime exceeds several years (often more than
10 years).
• Thermal interference with other detector sections is to be minimized.
• One has to face floating required specification during the design period and construction
process (in pressure, temperature and power dissipation specifications).
• In addition, there is missing information about important thermophysical properties of the
relevant radiation-hard fluids and mixtures used in this field, two-phase capillary flow, etc.
• Green refrigerants and heat transfer fluids (with low GWP) are not radiation hard in general.
Flammable fluids are immediately excluded since the installations are usually located in
underground areas.
• Aspects of dielectric properties are vitally important because of potential leaks due to the
many necessary connections within the layouts, including chemical stability of refrigerants to
such extend that sometimes environmental issues are getting lower priority.
We can also outline what may help to cope with challenges outlined above:
• Great courage and endless tolerance if design parameters of the cooling are changed by
physicists during development or even implementation period.
• Solid information and knowledge about thermophysical properties of relevant fluids
(fluoroinert/fluorocarbon family, CO2 and others).
• Use of the simulation models whenever possible and solid and critical comparison with
experimental results.
• Background for the tests require reliable DAQ systems including sensors, and detailed
commissioning and verifications of all key components is the must.
• Careful scaling up of the cooling system set-up, one or more small-scale mockup system
should be constructed and commissioned prior to the full-scale system realization.
• In general, turnkey industrial solutions are not suitable, and developing of a tailored system
is often the only solution.
Over the years, we have prepared and published several works where one can find useful
information about several topics pointed out above, just to emphasize and highlight some of them:
• Data about the most fluorocarbons, derived both via semi-empirical approach and simulation
(SAFT EOS, MC and MD simulations) some new SOS experimental data (C 4F10, C3F8, C2F6
and mixtures), HTC data from measurements, Henri constant for fluorocarbons (Hallewel et
al., 2010), (Vacek et al., 2000), (Vacek et al., 2013) and (Doubek et al., 2017).
• Two phase capillary flow simulation model are available (including contamination impact) and
they can result in less experimental work when for instant one has to trim large number of
various capillaries (Vacek at al., 2009), (Vins at al., 2010).
• Many experimental cooling circuits were prepared and used by us ranging in power from
200W to 22 kW (with steps at 500W, 1kW, 6 kW) and used for the commissioning of pixel,
SCT part of ID ATLAS and Roman pot type detectors (RP) of TOTEM (Anelli et al., 2008),
(Vacek et al., 2011), both as prototypes and final design structures.
We would like to introduce two typical use cases of nonstandard cooling applications that were
recently developed in our Prague laboratory by our research team with a great help from our M.Sc.
and PhD students.

2. TWO TYPICAL USE CASES
Due to the given scope of the conference paper, we would like to present in more detail two use
cases of interesting solutions in the cooling of detectors and their electronics. Both use cases are
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dealing with lower energy dissipation (cooling power) but they have great potential for many different
applications in electronics cooling even outside the field of particle physics (Vacek and Doubek,
2016). The first use case describes application of Vortex tube in a laboratory cooling system ideally
suited for cooling down a single chip or board during development work. The system is currently
deployed and works for detectors with dissipation powers up to hundred watts. It is in use for small
detectors of RP type within the AFP (Atlas Forward Physics) experiment. The second use case will
describe evaporative cooling system with the cooling power around 1.5 kW serving primarily for
commissioning of the various types of RP detectors (both silicon and diamond types) in the TOTEM
experiment (Vacek et al., 2011). The circuit has a great variability in setting up the running conditions
and it is suited to accept various refrigerants and even mixtures. It allows non-insulated lines due to
the effective compact heat exchanger placed after the evaporator increasing low refrigerant vapour
temperature fast above the dew point.
2.1.

Enhancing the Cooling Power of the AIRCOOLER-Split

In addition to our large projects, we have been often approached by physicists and by electronic
engineers with requests to develop simple, easy-to-use and maintenance-free system, which could
fulfil their “cooling needs”. Both for laboratory purposes during development periods followed by
simple “on table” commissioning procedures. In addition, even to develop a device that could be
used for low-power dissipation installations (several tens or hundreds of watts) in the LHC (Large
Hadron Collider) tunnel, where the cooling device must function in an environment with a strong
magnetic field and a high level of radiation. Such problematic surroundings very often preclude the
use of ordinary commercially available devices.
We have developed three types of units for production lines called AIRCOOLERS. Details are
published in (Vacek and Doubek, 2016) and the most frequently used device is labelled as the
AIRCOOLER_Split (ACS). The model in Fig. 1 is now cooling 4 pieces of the RP type of detectors
in the LHC tunnel for more than 5 years without any failure, namely because our devices are mobile,
very compact and have no moving parts. They do not require a refrigerant or electricity, just
compressed air and can function for a long period without maintenance.

Figure 1: The ACS typical temperatures, pressures and flow for 17°C input air

Our typical arrangement of the AIRCOOLER is two-stage cooling system that is composed of two
main parts. The main pre-precooling box reduces the air temperature in the first stage to a moderate
temperature (around +2°C), and an additional connected single vortex tube cools the air down to the
required level in the second stage. The box includes a plate heat exchanger, a pilot-operated
pressure regulator and the first vortex tube for precooling the air passing through the heat exchanger.
The second VT is to be placed as close as possible to the heat source that is to be cooled down, i.e.
a heat exchanger cooling down the electronics. The integration of the second vortex tube in to the
cooled device flange improves process efficiency and lowers airflow temperature down by 5°C. Since
the cold air provides desired cooling effect, and even if it passes wiggle path inside the heat
exchanger it has its limits due to the simple Newton equation for heat flux is
𝑞̇ = 𝛼 ∙ 𝐴 (𝑡𝑤 − 𝑡𝑎𝑖𝑟 )
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where both heat transfer coefficient α and temperature difference between wall and air temperature
∆t = (tw – tair) has its limits, so the last value that can be changed is the inner contact surface A
between flowing air and solid wall. The heat transfer can be enhanced by roughening the inner
surface or introducing inner fins inside the heat exchanger, both interventions being problematic.
Despite the fins, the inner surface still features a relatively small area for the heat exchange. The air
flows through the heat exchanger with limited cooling effect and leaves the exchanger while still
having low temperature.
We have prepared heat exchangers filled with metal foams that can be manufactured easily. The
empty sections between baffles were filled with copper foam to enlarge the internal surface available
for the heat exchange as the second design test sample – see Fig. 2. The foam was cut into pieces
slightly higher than the inner cavity height. Then compressed by flat cap on top of the heat
exchanger. This ensures a solid thermal contact between all inside heat exchanger surfaces.

Figure 2: Heat exchanger with copper foam inserted in between the baffles

In order to increase the thermal contact between the copper foam and the heat exchanger surface it
was later decided to use aluminium-filled epoxy for the next design test sample. The epoxy with
metal filler can provide better thermal conductivity than simple epoxy resin. Moreover, it can further
increase the contact area between the foam and the body of the exchanger.
The assembled heat exchanger was placed inside a cylindrical vacuum chamber made of acrylic
glass to simulate condition within the Roman Pot detector. A vacuum pump was connected to the
chamber to keep the constant pressure of 100 mbar in it.
The AIRCOOLER SPLIT model has one vortex tube outside of box attached directly to the Roman
Pot flange supplying the stream of cooling air. The PLC regulation allowed us to maintain both
constant output cooling air temperature and a shorter stabilization time of the system.
Each different heat exchanger design under investigation has been tested under the same
conditions, i.e. with the same nominal input pressure of 8 bars into the AIRCOOLER and cooling air
temperature at the inlet into the heat exchanger at -25°C.

Figure 3: Heat exchanger with copper foam inserted in between the fins

The measurements illustrated in Fig. 3 show that heat exchanger with copper foam filler inside the
heat exchanger cavity can significantly increase its cooling performance. Results have also indicated
much better temperature distribution along the effective heat exchanger surface for all heat fluxes.
Therefore, the heat exchanger, equipped with foam metal filler substituting finned or grooved
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surfaces, is capable of handling higher heat fluxes and provides lower surface temperatures. Max
throttle mode represents maximal airflow through the device.
2.2.

Pilot Versatile Cooling Circuit for the TOTEM Project

The primary circuit purpose was to provide a widely adjustable cooling power for the final TOTEM
CS development and commissioning of the RP detectors of the CERN TOTEM experiment (Oriunno
et al., 2007). The setup is used to experiment with different elements of the final particle detectors
cooling circuits e.g. heat exchangers, capillary tubes, evaporators and basic elements of the relevant
cooling circuit control system including monitoring sensors.

Figure 4: Principal schematics of the versatile cooling circuit

The circuit shown in Fig. 4 comprises two oil-free compressor units (piston and membrane units
serving as the booster to cover refrigerant mass flow in the range of 1 to 9 g/s, if required) using the
fluorocarbon refrigerant R218 (other fluorocarbons can be used as well: R610 or mixtures of R218
and R116). The use of refrigerants R-404A, R-452A and R-449A was also successfully tested. The
heat of condensation is wasted through air-cooling and a supporting water circuit using independent
chillers unit. The circuit is capable of reaching up to 1MPa liquid line pressure or up to 1.6MPa with
a liquid pump. A DAQ system based on ELMB technology is connected by CANBUS to a PC with
installed PVSS II software. A large number of tuning control devices provides a very wide operation
parameter field.
There are over 25 sensors of different type on the main manifold measuring running temperatures,
pressures and mass-flow on both the liquid and the vapour lines around all circuits. Cooling circuit
can handle up to three RP’s at once, but each of them can be separated from the main cooling loop
using attached operational manifold. This feature provides an option to exchange any RP out of three
and still keep small cooling plant running. The total number of sensors including those installed inside
the RP’s exceeds 70.
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Figure 5: Typical commissioning run lasting more than 8 hours

Data displayed in Fig. 5, covering all day commissioning run, clearly demonstrate a stable
performance of the cooling system. It is demonstrated by the stable temperature of the condenser,
evaporator and the constant refrigerant flow. One can also note the sections of the run where silicon
detectors have collected collision data and at the same time, the electronics were powered on.
Please see the red line profile showing temperature of the electronic hybrid chips.
A special attention has been devoted to preventing insulation around the exhaust vapour lines and
at the same time to make sure that no condensation takes place on the surface of those lines. Single
water compact heat exchanger in Fig. 6 raises the temperature of the returning vapour from all three
RP installed unit.
The device can efficiently increase vapour temperature due to
the enhanced heat transfer extended surface between liquid
(water) on one side and C3F8 (vapour) on the other side, see
Fig. 7.
The device allows increase of vapour temperature (by 50ºC)
over the short distance (150mm) while still keeping pressure
drop of vapour section at relatively small values (less than
10kPa). It also turned out that search for minimal required flow
of water (6 cm3.s-1 at vapour flow up to 5g.s-1 @ -30ºC)
passing through the still fully functioning heat exchanger
makes it a self-tuning unit which does not need any additional
control system.
Figure 6: Compact heat exchanger

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

204

Figure 7: Screen shot showing the overall performance of the compact heat exchanger

Moreover, since both fluids are separated by stainless steel there is no need to tackle problems with
compatibility of the refrigerant and sensitive elements of the heaters, seals around wires, and there
is no need for an expensive control system. Securing the minimal water flow through the heat
exchanger keeps the device perfectly functioning for wide range of conditions.
The circuit has been used for the many trial runs with various refrigerant mixtures and it has shown
its outstanding versatility and reliability over more than 12 years.

3. CONCLUSIONS
We have collected number of experiences over the last 25 year while designing, realizing various
refrigeration circuits for the particle detector applications and electronics cooling. We have pointed
out very frequent problems and obstacles that one will meet in this specific field.
This time we have put our attentions on the smaller cooling devices. We have also summarized the
research procedures that have helped us significantly to solve the problems that have arisen, such
as the lack of knowledge about the thermo-physical properties of the refrigerants used or their
mixtures. This is a very topical topic in looking for coolants for our applications so we are more
environmentally friendly. Mathematical modelling of the two-phase capillary flow has significantly
helped us to reduce the experimental time when preparing a large number of significantly different
capillaries.
An interesting application described in the section on air coolers is definitely an effort to improve the
conditions for increasing the heat flux from the internal walls of the heat exchanger into the gaseous
media (in our case air). After many attempts to expand the inner surface of the heat exchangers, like
traditional fins or for instance experiments with the use of PGS foils, it appears that very efficient
method are fillers from foamed metals.
Another interesting circuit is the application originally designed for commissioning measurements on
the TOTEM experiment. By a gradual development and improvement of the system, we have ended
up with a very flexible system, which was also used for experiments with a wide spectrum of
refrigerants, including mixtures. Probably the most exciting part of the circuit is the compact and
efficient heat exchanger (the gas/liquid type), which practically does not require complex regulation
and completely replaces the traditional and often used solutions. The electrical heater to achieve
required thermally neutral solutions of the particle detectors are frequent solution of the problem.
The necessary installed electrical power in many cases achieves the magnitude of the cooling power.
Both in details presented use cases accompany the basic experimental data.
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ABSTRACT
Nucleation plays a key role in the cryogenic field, such as supersonic separator, wind tunnel design,
and two-phase turbo-expander. However, a lack of accurate knowledge on intermolecular potentials
and uncertainties in some key physical properties make it difficult to understand the nucleation
mechanism. In this paper, molecular dynamics (MD) simulation is conducted to investigate the
micro-scale process of cryogenic gas nucleation at high supersaturation. The Lennard-Jones
potential model is used to describe interactions between particles and the Newton equation of
motion is solved via Velocity-Verlet method. Based on simulated microscopic quantities, nucleation
rate and Wilson point are calculated, and compared with the results from classical nucleation theory.
The influences of the supersaturation on the nucleation process also are explored, both of which
determine the onset of nucleation and generation rate of cluster.
Keywords: Nucleation, Condensation, MD simulation, Argon.

1. INTRODUCTION
Nucleation is the first step in the formation of a new thermodynamic phase. It has a lot of practical
consequences in the physical sciences and engineering fields, such as atmospheric physics,
aerospace science, material science, polymer technology and metallurgical technology. In the
refrigeration and cryogenic fields, nucleation at high supersaturation also has an important
significance as a key process of phase change flow, such as the supersonic gas-liquid separator
used for removal of water and heavy hydrocarbons (Bian et al., 2019;Rajaee Shooshtari et al.,
2018), the wind tunnel design (Wegener, 1987,1991), and two-phase turbo-expander used in air
separation plants (Niu et al., 2019; Sun et al., 2018) or ORC (Nithesh and Chatterjee, 2016).
However, a lack of accurate knowledge on intermolecular potentials and uncertainties in some key
physical properties for cryogenic fluids make a challenge to understand the microscopic mechanism
of nucleation.
Since the classical nucleation theory (CNT) was proposed and developed in the early 20th century
by Farkas, Becker and Döring, Volumer, Zeldovish and Frenkel (Kalikmanov, 2013), great efforts
have been put into well understanding and accurate prediction of nucleation. Due to the capillary
phenomenological assumptions, such as macroscopic droplets and thermodynamic equilibrium,
were adopted in the derivation of CNT, which greatly limited the calculation accuracy and scope of
application, many scholars then reviewed the nucleation theory to seek the correct calculation
method of nucleation rate. The typical corrections include such as Coutrney (1961) mass action law
correction, Kantrowitz (1951) non-isothermal effect correction and Girshick and Chiu (1990)
self-consistency correction.
Whether phenomenological, density functional or semi phenomenological, the nucleation process is
solved by simplifying certain assumptions, which are usually caused by insufficient understanding of
the detailed information of material molecules. In recent years, with the development of computer
technology, molecular simulation provides us with a powerful tool to understand the molecular
dynamic evolution process and molecular microstructure changes. Michal et al. (2015) simulated
the nucleation process of water vapor in the canonical ensemble using DL_POLY software based
on MD method, and described the kinetic process of molecular cluster formation. Bykova and
Gorbachev (2017) developed two new mathematical models to describe the formation and growth
of water vapor molecular clusters using MC method and based on the classical

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

207

nucleation-corrected theory and kinetic nucleation theory, and analyzed the influence of the
formation mechanism of dimer on the distribution function of molecular cluster size.
In this study, we use a large system consisting of 4000 vapor molecules, and conducted an MD
simulation to directly observe the nucleation of cryogenic gas under high supersaturation. Based on
the simulation, the dynamic behavior of cluster formation is revealed, from which the nucleation rate
is evaluated and compared with classical nucleation theory. Meanwhile, the influence of
supersaturation on the nucleation process also is explored.

2. CLASSICAL NUCLEATION THEORY
Nucleation is the first step in the formation of a stable new phase from a metastable non-equilibrium
mother phase, also could be described as the formation of small clusters of new phase due to
statistical fluctuation. This fluctuation means that once these clusters with less than critical radius r*
will tend to evaporate, while with larger than r* will grow further and lead to the formation of a stable
new phase. The simplest description of the fluctuation is the liquid droplet model, generally called
the capillarity approximation, in which a cluster is treated as a spherical droplet of a well-defined
radius with bulk liquid properties and is assumed to be in thermal equilibrium with the surrounding
gas. With these assumptions, the classical nucleation theory was developed by Farkas, Becker and
Döring, Volumer, Zeldovish and Frenkel (Kalikmanov, 2013). The main result of the CNT derived a
common equation for the nucleation rate as follows:
 G*
J = J 0 exp  −
 kT
 B g





Eq. (1)

where J0 is kinetic pre-exponential factor determined by varying corrections of CNT, ΔG* refers to
the Gibbs free energy change as the energy barrier that the formation of new phase must overcome.
In CNT, the computed expression for nucleation rate and critical radius of nuclei are given by:
J CNT =
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Eq. (2)

where σ is the bulk surface tension; the supersaturation ratio S is defined as the ratio of local
pressure p and saturated pressure psat at gas local temperature. The critical radius and critical
cluster number can be obtained as follows:
r* =
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l Rg Tg ln ( p psat )

2

  s1
n = 

 3 k BT ln ( p psat ) 

Eq. (3)

3

*

Eq. (4)

where

s1 = ( 36 )

13

(v )

l 23

Eq. (5)

is the surface area of a monomer. vl is a molecular volume of the liquid phase.

3. SIMULATION METHOD
The intermolecular potential Lennard-Jones 12-6 (Nicolas et al., 1979) was employed for the
molecular dynamic simulation with the LAMMPS numerical computational too. The interaction
potential in Lennard-Jones type is defined as:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

208

  12   6 
u ( r ) = 4   −   
 r  
 r 

Eq. (6)

where r is the distance between centers of atoms, ε is the depth of the potential well and σ is the
finite distance at which the inter-particle potential is zero. For the argon, the σ, ε and m are 0.34 nm,
1.67×10-21 J, and 6.63×10-26 kg. Thus, the reduced temperature is 119.8 K. The unit times is:

=

m 2



= 2.15 ps

Eq. (7)

The cell size is 35×35×35 in the dimensionless unit. The cutoff radius is 5.0, and no tail correction
is made for energy calculation. The number of atoms was set to be 4000 as arrangement of FCC
type. The periodic boundary condition is used for the approximation of nucleation in macroscopic
system. The gas was equilibrated in an NVT ensemble at reduced temperature T*=1.25 for 10000
steps with the time step 0.005τ. Then the system temperature was set to a supercooled state,
including T*=0.68, 0.7, 0.72 and 0.74, for 90000 steps. The temperature was controlled by the
Nose-Hoover style. The developments of pressure and temperature are displayed in Fig. 1.

(a) Pressure

(b) Temperature

Figure 1: Development of pressure and temperature.

4. RESULTS AND DISCUSSIONS
Molecular configurations for T*=0.68 are present in Fig. 2. The start configuration for supercooled
state at time = 50τ seems almost uniform (Fig. 2a). At time = 150τ (Fig. 2b), the atoms converge to
gather and clusters of various sizes are observed at time = 300τ (Fig. 2c). At the end time (Fig. 2d),
several largest clusters are formed, the largest of which consists of 1147 atoms.
In order to calculate the nucleation rate, the Stillinger method (Fisher, 1999) is employed to define
the cluster size. In this method, we assume two neighbored molecules to be in one cluster when
their center-of-mass distance is less than 1.5σ. According to CNT, in the nucleation process, only
when the droplet radius is larger than the critical cluster size the metastable cluster can continue to
grow and form into steady-state liquid phase. The molecules number of the critical cluster,
calculated from Eq. (4), is used for the data statistics of MD simulation results. Fig. 3 records the
total cluster number at different times for varying supersaturations. In this paper, four types of
supersaturation (S = 4.44, 3.35, 2.57 and 2.00), generated by define different temperature (T* = 0.68,
0.7, 0.72 and 0.74) are investigated. The slope of curve in Fig. 3 refers to the number of generated
clusters in unit time in the simulated box. Thus, the nucleation rate could be obtained and listed in
Table 1 compared with the nucleation rate predicted by CNT. It can be inferred that the nucleation
rate predicted by MD simulation is larger than that calculated by CNT. Due to the limitation of
molecule number, the difference between CNT and MD becomes larger with the supersaturation
decreases. This is because that a lower supersaturation will lead to a larger number of critical
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cluster. As a result, a sufficient number of molecules is required for the investigation of nucleation.

(a) t=50τ

(b) t=150τ

(c) t=300τ

(d) t=500τ

Figure 2: Sequential snapshots of the MD simulation (T*=0.68).
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Figure 3: The development of cluster number against the time for varying supersaturations.
Table 1 Comparison of nucleation rate between CNT and MD

Nucleation rate (J∙m-3∙s-1)

T*

Critical cluster number
(n)*

CNT

MD

0.68

18

9.77×1029

5.92×1032

0.70

31

5.03×1027

8.28×1030

0.72

60

3.96×1023

3.70×1028

0.74

138

1.10×1015

2.96×1027

5. CONCLUSIONS
This paper investigated the argon nucleation at high supersaturation with the help of molecule
dynamic simulation. The results demonstrate that the formation of cluster in nucleation could be
successfully predicted with MD simulation. For T*=0.68 and 0.7, the nucleation rate predicted by MD
are three orders of magnitude higher than the values calculated by CNT. Whereas, when the
supersaturation decreases the predicted nucleation has a great difference compared with CNT due
to the limitation of simulated atom numbers.
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ABSTRACT
Water is usually used as phase-change cold storage material. However, it wastes energy because
of its large supercooling degree. Nanofluids can be an alternative cold storage material to solve this
problem. Water-based graphene oxide nanofluids with concentration of 20mg/(100ml) and
50mg/(100ml) are prepared by one-step method, and their zeta potential are measured by Laser
Size and Zeta Potential Analyzer to analyze the stability of nanoparticles suspension. The correlation
models of supercooling degree of deionized water and nanofluids with nucleation rate are
established. According to the models, the supercooling degrees of deionized water and two
nanofluids are obtained. The results show that the supercooling degree of nanofluid is reduced
significantly, and compared to deionized water, the supercooling degrees of 20mg/(100ml) and
50mg/(100ml) nanofluids decrease by 74.8% and 90.3%, respectively. It can be concluded that the
graphene oxide nanofluid can be a well alternative cold storage material for energy saving.
Keywords: Cold Storage, Nanofluid, Stability, Supercooling.

1. INTRODUCTION
Cold storage technology can reduce the variation between the peak and valley of electric power
demand. Water has been used as a cold storage material for a long time because of its abundance,
chemical compatibility and superior energy storage density. However, the high supercooling degree
of water is key factor to affect the operating efficiency of the cold storage equipment (Ruddell et al.,
2014; Oró et al., 2012; Fan et al., 2011). The application of nanofluids can innovatively reduce
supercooling degree of water. Nanofluids is generally prepared by adding a certain proportion of
nanomaterials into water, and it is well-dispersed, stabilized, and highly-conductive (Choi, 1995).
Deville et al. (2010) investigated the crystallization process of Al2O3/distilled water nanofluids by in
situ observations using X-ray radiography and tomography, and concluded that the supercooling
degree decreases with the particle size decreasing. Jia et al. (2014) studied the solidification
processes of TiO2 nanofluids and deionized water by differential scanning calorimetry. Their
experimental results show that the supercooling degrees of TiO2 nanofluids without surfactants are
approximately 11.5% lower than the supercooling degree of deionized water. Zhao et al. (2015)
studied supercooling degree of TiO2 nanofluids by statistical methods, and found that the average
and maximum supercooling degree were lower than deionized water. Zhang et al. (2010) prepared
nanofluids by adding α-Al2O3, γ-Al2O3, and SiO2 nanomaterials into pure water, and found that their
supercooling degrees were significantly reduced compared to pure water. Therefore, the
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supercooling degrees of the metal and metal oxide nanofluids were much smaller than the base
liquid.
Compared with metals and metal oxides, carbon nanomaterials have higher thermal conductivity and
lower density, which promotes heat conduction and stable suspension of nanofluids. In this paper,
the supercooling degree of nanofluids is studied, which are prepared by adding graphene oxide
nanosheets into deionized water.

2. PREPARATION OF GRAPHENE OXIDE NANOFLUIDS
Graphene oxide nanofluids are prepared by one-step method. Fig. 1 illustrates the schematic
diagram of the preparation. The brief preparation process is as follows: 1) Measuring 100 mL of
deionized water and 20 mg of graphene oxide nanosheets, and mixing them in a beaker; 2) The
ultrasonic horn is immersed in the beaker containing the mixed sample; 3) The ultrasonic oscillator
is turned on and shaken for 150 min. And then the preparation of nanofluids with the concentration
of 20 mg/100 mL is completed. Similarly, 50 mg/100 mL of graphene oxide nanofluids is prepared.

Figure 1: Preparation of graphene oxide nanofluids by ultrasonic oscillator

3. LATENT HEAT OF MELTING OF GRAPHENE OXIDE NANOFLUIDS
This experiment uses a heat flow differential scanning calorimeter to measure the latent heat of
melting of nanofluids, as shown in Fig. 2. The measurement results of latent heat of melting are
listed in Table 1. The results show that the difference in the latent heat of deionized water and
nanofluids is very small. The addition of nanoparticles does not have a great influence on the latent
heat of deionized water, because the concentration of nanoparticles is pretty small.

Figure 2: Heat flow differential scanning calorimeter
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Table 1. Latent heat of melting of deionized water and nanofluids

Concentration

Latent heat of melting

Deionized water
20 mg/100 mL
50 mg/100 mL

337.9 kJ/kg
337.0 kJ/kg
336.0 kJ/kg

4. SUSPENSION STABILITY OF GRAPHENE OXIDE NANOFLUIDS
The stability of nanofluids is a prerequisite for engineering applications. Since the surface of the
graphene oxide nanoparticle contains a large amount of oxygen-containing functional groups such
as -OH, C-O-C, -COOH, the oxygen-containing functional group and the water molecule are
hydrogen bonded such that the water molecule forms a hydration layer on the surface of the
nanoparticle. When the nanoparticles are close to each other, the pressure of the hydration layer
increases, causing mutual repulsion between the nanoparticles, which prevents the aggregation of
the nanoparticles. In addition, the zeta potential on the surface of the nanoparticle can characterize
the electrostatic stabilization between the nanoparticles (Shen, 1991). According to the diffusion
electric double layer model, both the diffusion layer and the stern layer, the nanoparticles are
surrounded by an ionic atmosphere composed of counter ions. When the nanoparticle moves, a
sliding surface is generated somewhere in the diffusion layer, and the potential difference between
the sliding surface and the internal solution is the zeta potential. According to the DLVO theory, the
total potential between two nanoparticles is the sum of the attraction potential and the repulsion
potential. The attraction energy can be determined by Van der Waals force, and the rejection
potential can be determined by the zeta potential. When the two nanoparticles are close to each
other, the difference between the repulsion potential and the attraction potential reaches a maximum
at some point, which is an energy barrier. The larger the zeta potential of the nanofluids, the larger
the energy barrier and the more stable the nanofluids. The zeta potentials of two concentrations of
nanofluids are measured by Laser Size and Zeta Potential Analyze, as shown in Table 2. The results
show that the mean absolute zeta potentials of nanofluids with the concentration of 20 mg/100 mL
and 50 mg/100 mL were 30 mV and 42 mV, respectively. According to Hu (2014), two concentrations
of nanofluids have great suspension stability.
Table 2. Zeta potential of graphene oxide nanofluids

Concentration
20 mg/100 mL
50 mg/100 mL

Zeta potential distribution
0-51 mV
0-75 mV

Mean absolute zeta potential
30 mV
42 mV

5. SUPERCOOLING DEGREE OF DEIONIZED WATER AND NANOFLUIDS
The cooling curve is the temperature versus time curve in the liquid-solid phase transition process.
As shown in Fig. 3, the cooling curve consists of four stages: 1) AB section is the cooling stage of
liquid phase; 2) BC section is the formation stage of crystal nuclei. 3) CD section is the growth stage
of crystal nuclei; 4) DE section is the cooling stage of the crystal.
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Figure 3: Cooling curve in the liquid-solid phase transition process

The supercooling degree is the difference between the freezing temperature and the lowest
temperature of the cooling process, as shown in Fig. 3, it is the difference between TC and TB. Fisher
et al. (2014) proposed that when the nucleation rate is equal to 1/(cm 3·s), the working fluid is cooled
to the lowest temperature (i.e., point B in the cooling curve). Therefore, the supercooling degree can
be obtained by determining the correlation between the nucleation rate and the temperature.
5.1. Nucleation Rate of Deionized Water
The nucleation rate refers to the number of critical nuclei that can grow stably in unit volume and unit
time. Deionized water nucleates in a homogeneous way. During the nucleation process, it is not
affected by the impurity particles or the outer surface of the container and uniformly nucleates and
crystallizes. According to classical nucleation theory, the homogeneous nucleation rate of deionized
water can be expressed as:
−∆𝐺 ∗
)
𝐵𝑇

Eq.（1）

𝐽𝑑𝑤 = 𝐾 ∙ 𝑁1 ∙ 𝑒𝑥𝑝 ( 𝐾

Where 𝐾 is the kinetic part of the nucleation rate; 𝑁1 is the number of water molecules per unit
volume; ∆𝐺 ∗ is the nucleation energy of the crystal; 𝐾𝐵 is the Boltzmann constant; T is the
thermodynamic temperature.
The kinetic part of the nucleation rate can be expressed as:
𝐾 = 𝑛𝑠 ∙ 4𝜋𝑟 2 ∙ 𝑍 ∙

𝑘𝐵 𝑇
ℎ

∙ 𝑒𝑥𝑝 (−

∆𝑔
𝑘𝐵 𝑇

)

Eq.（2）

Where 𝑛𝑠 is the number of water molecules within jumping distance around the embryo
surface/neighboring embryo surface; 𝑟 is the radius of spherical ice embryo; 𝑍 is the Zeldovich factor;
ℎ is the Planck constant; ∆𝑔 is the activation energy.
The nucleation energy can be expressed as:
∆𝐺 ∗ =

16𝜋
3

𝑣 2∙ 𝛾

3

Eq.（3）

∙ (𝑘 𝑖𝑇∙𝑙𝑛𝑖𝑤𝑆 )2
𝐵

𝑖

Where 𝑣𝑖 is the volume of single water molecule in the embryo; 𝛾𝑖𝑤 is the interfacial tension of icewater; 𝑆𝑖 is the saturation vapor pressure ratio of water and ice.
Inserting Eq. (2) and (3) into Eq. (1), the homogeneous nucleation rate of deionized water Jdw can
be expressed as:
−∆𝑔

16𝜋

𝐵

3

𝐽𝑑𝑤 = 𝐾𝑝𝑟𝑒 ∙ 𝑒𝑥𝑝 ( 𝑘 𝑇 ) ∙ 𝑒𝑥𝑝 (−

∙

𝑣𝑖 2 ∙ 𝛾𝑖𝑤 3

(𝑘𝐵 𝑇)3 ∙(𝑙𝑛 𝑆𝑖)2

)
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Where 𝐾𝑝𝑟𝑒 is the pre-exponential factor. 𝐾𝑝𝑟𝑒 , ∆𝑔, 𝛾𝑖𝑤 , 𝑣𝑖 and 𝑆𝑖 can be obtained by consulting the
literatures (Fletcher, 1964; Ickes et al., 2015; Zobrist et al., 2007; Reinhardt et al., 2013; Smith et al.,
1999; Qu and Jiang, 2000; Murphy and Koop, 2005). Jdw can be expressed as shown in Eq. (5).
Eq.（5）

𝐽𝑑𝑤 = 1034 ∙ exp(−892𝑇⁄(𝑇 − 118)2 + 4.68 × 105 ∙ (20.067 − 0.18𝑇)3 ⁄(𝑇 ∙ η))

Where 𝜂 = (−210368 − 131.438 ∙ 𝑇 + 3.32373 × 105 /𝑇 + 41729.1 ∙ 𝑙𝑛𝑇 )2 .

5.2. Nucleation Rate of Nanofluids
The crystal nuclei of the nanofluids form inside the deionized water and on the surface of graphene
oxide nanoparticles. Hence, the nucleation rate of nanofluids consists of the homogeneous
nucleation rate inside the deionized water and heterogeneous nucleation rate arising from graphene
oxide nanoparticles, which leads to:
Eq.（6）

𝐽𝑔𝑜 = 𝐽𝑔𝑜,ℎ𝑜𝑚 + 𝐽𝑔𝑜,ℎ𝑒𝑡𝑒𝑟

Where 𝐽𝑔𝑜,ℎ𝑜𝑚 is the homogeneous nucleation rate inside deionized water and 𝐽𝑔𝑜,ℎ𝑒𝑡𝑒𝑟 denotes the
heterogeneous nucleation rate arising from graphene oxide nanoparticles.
According to Eq. (4), the homogeneous nucleation rates of nanofluids with the concentration of 20
mg/100 mL and 50 mg/100 mL are:
𝐽𝑔𝑜,ℎ𝑜𝑚,20 = 9.9991 × 1034 ∙ exp(−892𝑇⁄(𝑇 − 118)2 + 4.68 × 105 ∙ (20.067 − 0.18𝑇)3 ⁄(𝑇 ∙ η))

Eq.（7）

𝐽𝑔𝑜,ℎ𝑜𝑚,50 = 9.9977 × 1034 ∙ exp(−892𝑇⁄(𝑇 − 118)2 + 4.68 × 105 ∙ (20.067 − 0.18𝑇)3 ⁄(𝑇 ∙ η))

Eq.（8）

The heterogeneous nucleation rate of nanofluids is defined as the number of critical nuclei formed
on the surface of graphene oxide nanoparticles per unit volume and unit time. The surface of the
nanoparticles is simplified to a plane, that is, the crystal nuclei nucleate on the surface of graphene
oxide nanoparticles by means of plane nucleation. Therefore, the heterogeneous nucleation rate of
the nanofluid can be calculated by two steps: 1) Calculating the number of critical nuclei formed on
the surface of the nanoparticle per unit area and unit time; 2) Multiplying the results of first step by
the total surface area of the nanoparticles per unit volume to obtain the heterogeneous nucleation
rate of the nanofluids.
According to the classical nucleation theory, the number of critical nuclei formed on the surface of
the nanoparticles per unit area and unit time can be expressed as:
𝐽𝑔𝑜,𝑠𝑢𝑟 =

𝑘𝐵 𝑇
ℎ

−∆𝑔

∙ 𝑒𝑥𝑝 ( 𝑘 𝑇 ) ∙ 𝑛 ∙ 𝑒𝑥𝑝 (
𝐵

−∆𝐺 ∗ ∙𝑓(𝜃)
)
𝑘𝐵 𝑇

Eq.（9）

Where 𝑛 is the number density of water molecules at the nanoparticle/water interface, f(θ) is the
compatible function.
The number density of water molecules can be expressed as:
2

𝑛=

𝜌𝑤𝑁𝐴 3
( 𝑀
)
𝑤

Eq.（10）

Where 𝜌𝑤 is the density of water; 𝑁𝐴 is the Avogadro constant; 𝑀𝑤 is the molar mass of the water
molecule.
The compatible function can be expressed as:
𝑓(𝜃) =

2−3 𝑐𝑜𝑠 𝜃+(𝑐𝑜𝑠 𝜃)3
4

Eq.（11）

Where θ is the contact angle between critical nucleus and the surface of nanoparticle.
Liu et al. (2015) pointed out that crystal nucleus can only nucleate on the upper and lower surfaces
of graphene oxide nanoparticles. Therefore, the total surface area of nanoparticles per unit volume
can be expressed as:
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Eq.（12）

𝑆𝑔𝑜 = 2𝜑𝑣 ⁄𝐻

Where 𝜑𝑣 is the volume concentration of the nanoparticles; 𝐻 is the thickness of the nanoparticle.
The heterogeneous nucleation rates of nanofluids with the concentration of 20 mg/100 mL and 50
mg/100 mL are expressed as:
𝐽𝑔𝑜,ℎ𝑒𝑡𝑒𝑟,20 = 4.1154 × 1028 ∙ 𝑇 ∙ 𝑒𝑥𝑝(−892𝑇⁄(𝑇 − 118)2 + 2.34 × 104 ∙ (20.067 − 0.18𝑇)3 ⁄(𝑇 ∙ 𝜂))

Eq.（13）

𝐽𝑔𝑜,ℎ𝑒𝑡𝑒𝑟,50 = 10.2885 × 1028 ∙ 𝑇 ∙ 𝑒𝑥𝑝(−892𝑇⁄(𝑇 − 118)2 + 3.37 × 103 ∙ (20.067 − 0.18𝑇)3 ⁄(𝑇 ∙ 𝜂))

Eq.（14）

5.3. Supercooling Degree and Comparative Analysis
Fisher et al. (2014) proposed that when the nucleation rate of the working fluid is equal to 1/(cm 3·s),
it is cooled to the lowest temperature. According to the Eqs. (5) and (6), the supercooling degree of
deionized water and the nanofluids with the concentration of 20 mg/100 ml and 50 mg/100 ml can
be obtained, as shown in Table 3.
Table 3. Supercooling degree of deionized water and nanofluids

Concentration
Deionized water
20 mg/100 mL
50 mg/100 mL

Lowest
temperature
241.65 K
265.22 K
270.11 K

Experimental
supercooling degree
6.8 K
3.6 K
2.1 K

Calculated
supercooling degree
31.50 K
7.93 K
3.04 K

Reduction
rate
74.8%
90.3%

Table 3 shows that the experimental and calculated supercooling degree of nanofluids and deionized
water are quite different, especially deionized water. I think it is due to the heterogeneous nucleation
of the small beaker wall during the experiment. In our experiments, the supercooling degrees of
nanofluids and deionized water were measured in the small beaker. For deionized water, its
nucleation mode changes from homogeneous nucleation to heterogeneous nucleation. During the
experiment, deionized water was first crystallized on the wall of the small beaker, which confirmed
the transformation of its nucleation mode. According to the classical nucleation theory, the nucleation
barrier of deionized water is significantly reduced. Therefore, the supercooling degree of deionized
water has changed from 31.5 K to 6.8 K greatly. Similarly, for nanofluids, the wall of the small beaker
increases its heterogeneous nucleation rate of the nanofluid and reduces its supercooling degree.
According to Table 3, the supercooling degrees of deionized water and two concentrations of
nanofluids are 31.50 K, 7.93 K and 3.04 K, respectively. Compare with deionized water, the
supercooling degrees of nanofluids with the concentration of 20 mg/100 ml and 50 mg/100 ml are
reduced by 74.8% and 90.3%, respectively. Because the nucleation energy on the surface of the
nanoparticle is f(θ) times of that inside the deionized water, the nucleation barrier is effectively
reduced, resulting in a significant decrease in the supercooling degree of the nanofluid. In addition,
compared to 20 mg/100 mL of nanofluids, the supercooling degree of nanofluids with the
concentration of 50 mg/100 mL is reduced by 61.7%. Because the crystal nuclei have more
heterogeneous nucleation sites as the concentration of nanofluids increases, more critical nuclei can
grow stably in the unit volume and the nucleation rate increases, the supercooling degree of
nanofluids is reduced. Therefore, graphene oxide nanofluids can replace water and become a new
type of phase change cold storage material.

6. CONCLUSIONS
A new type of phase change cold storage material is proposed to reduce the supercooling degree of
water. In this paper, graphene oxide nanofluids are prepared, its suspension stability and
supercooling degree are analyzed. 20 mg/100 ml and 50 mg/100 ml of graphene oxide nanofluids
are prepared by ultrasonic oscillator, and their Zeta potentials are measured by Laser Size and Zeta
Potential Analyzer. The results show that the mean absolute zeta potentials of two concentrations of
nanofluids are 30 mV and 42 mV, respectively, and the electrostatic stabilization between
nanoparticles makes nanofluids have enough stability.
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According to classical nucleation theory, analytical formulas between the nucleation rates of
deionized water and nanofluids and their supercooling degrees have been established. The
supercooling degrees of deionized water and nanofluids with the concentration of 20 mg/100 mL and
50 mg/100 mL were calculated to be 31.50 K, 7.93 K and 3.04 K, respectively. Compared with
deionized water, the supercooling degrees of nanofluids with the concentration of 20 mg/100 mL and
50 mg/100 mL decrease 74.8% and 90.3%, respectively. The supercooling degrees of nanofluids are
significantly reduced. Therefore, graphene oxide nanofluids can replace water and become a new
type of phase change cold storage material.
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NOMENCLATURE
h

Planck constant (J×s)

ns

H
Jdw

thickness of nanoparticle (m)
nucleation rate of deionized water (cm -3
×s-1)
nucleation rate of nanofluids (cm -3 ×s-1)

NA
N1

Jgo,heter

heterogeneous nucleation
nanofluids (cm -3 ×s-1)

Sgo

Jgo,heter,20

Si

KB

heterogeneous nucleation rate of
nanofluids with the concentration of 20
mg/100 mL (cm -3 ×s-1)
heterogeneous nucleation rate of
nanofluids with the concentration of 50
mg/100 mL (cm -3 ×s-1)
homogeneous nucleation rate of
nanofluids (cm -3 ×s-1)
homogeneous nucleation rate of
nanofluids with the concentration of 20
mg/100 mL (cm -3 ×s-1)
homogeneous nucleation rate of
nanofluids with the concentration of 50
mg/100 mL (cm -3 ×s-1)
nucleation rate of nanofluids on the
surface of nanoparticles (m -2 ×s-1)
kinetic part of the nucleation rate (mol -1×
s-1)
Boltzmann constant (J×K-1)

Kpre

preexponential factor (cm -2 ×s-1)

γiw

Mw
n

molar mass of water (kg×mol-1)
number of water molecules at the
graphene oxide nanoparticle/water
interface (mol)

ρw
φv

Jgo

Jgo,heter,50
Jgo,hom
Jgo,hom,20
Jgo,hom,50
Jgo,sur
K

rate

of

r

number of water molecules
within the jumping distance
(mol×m -2)
Avogadro constant (mol-1)
number of water molecules
per unit volume (mol×m -3)
radius of spherical ice
embryo (m)
total surface area of
nanoparticles (m 2× cm -3)
saturation vapor pressure
ratio of water and ice

T

thermodynamic
temperature (K)

vi

volume of single water
molecule (m3)
Zeldovich factor

Z
Greek symbols
Δg

activation energy (J)

ΔG*

nucleation energy (J)

θ

contact angle between
crystal
nucleus
and
nanoparticle (°)
interface energy between
ice and water (J×m -2)
density of water (kg×m -3)
volume concentration of
nanofluids (m 3×m -3)
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Abstract

The technology of cooling by boiling has been gaining attention in the fields of hardening of metals,
nuclear reactors or superconducting coils. The boiling heat transfer involves not only transportation
of sensible heat but also the latent heat due to gas-liquid phase transition, and therefore, it
produces high heat transfer rates. The purpose of this on-going study is to elucidate the effects on
the cooling by boiling heat transfer when a frost-layer coating is formed on the cooling surface. We
are currently experimentally investigating the boiling heat transfer characteristics of copper balls in
the diameter range of 20 to 30 mm in saturated liquid nitrogen at atmospheric pressure.
The experimental results show that a frost layer coating on the cooling surface has a remarkable
effect on the cooling curves of a copper surface.

1. Introduction
In recent times, rapid cooling of low temperature equipment including their piping system has
become a necessity. In order to achieve this objective, the heat transfer characteristics in the entire
range of boiling, namely from film boiling to nucleate boiling has to be improved. It is well known
that a technique to promote cooling rate of boiling from a highly thermally conducting metallic
material is to use a thin coating of low conducting material on the metal surface. This phenomenon
has been investigated by many researchers including Nishio et al. [1] who coined the terms
‘insulation layer paradox’ or ‘thermal insulation paradox” when referring to effect of this
phenomenon. The following findings have been established in relation to this phenomenon.
(1) The nuclear boiling heat transfer coefficient decreases with an increase in the coating
thickness.
(2) The film boiling heat transfer coefficient is not affected by the coating thickness.
(3) The degree of superheating at the minimum heat flux point increases with the increase
of coating thickness, but it approaches a value specific to the coating material when the
coating thickness is increased to certain thickness.
The phenomenon of ‘insulation layer paradox’ has been investigated with the focus on its utilization
in, such as, cooling of steels and super-conductors. Recently, Mazor et al. [2] has succeeded in
promoting the cooling rate of a 30mm dia. copper ball dramatically in a pool-boiling experiment by
the utilization of a frost coating on the ball. This research is of great interest here in that a coating
material of low thermal conductivity has been used to produce a rapid cooling effect, and its
application in cooling by boiling using cryogenic liquids has a great potential in the future.
In view of the above background, we investigate here frost layer formation and growth on a sphere,
which has not been the focus of the work of Mazor et al. [2], and further, cooling heat transfer
characteristics of boiling will be investigated when the sphere surface is coated with a frost layer.
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2. Experimental apparatus and Method
2.1 Cooling by boiling heat transfer
Fig. 1 shows a schematic diagram of the apparatus for investigating the cooling by boiling heat
transfer. The sphere used in this in study was 25mm in diameter and was made of tough-pitch
copper. The sphere was given a mirror-finish and was cleaned in an ethanol container by
ultrasonic cleaning method each time before the experiment. The copper sphere’s temperature
was measured by a K-type thermocouple of 0.1mm wire diameter , and the measurement location
was the center of the sphere.

④

②

⑤
⑦

③
①

⑥
1.

Cold light

2. Dewar vessel
3. Copper sphere
4. Thermocouple
5. Camera 6. Data logger
7. Computer

Fig. 1 Schematic diagram of experimental apparatus

The experiment was conducted while the temperature of the sphere changed with time. The
temperature history of the spherewas recorded in a data logger, and the heat flux q [W/m2] from
the surface was evaluated by using the lumped-mass approximation.
1

𝑑𝑇

𝑞 = 3 𝑟𝜌𝑐𝑝 𝑑𝜏 (1)
where, cp is heat capacity of copper [kJ/kg・K], r is radius of the sphere [mm], r is density of
copper [kg/m3], T is cooling surface temperature [K] and t is time [sec].
It is a common practice in boiling heat transfer studies to obtain the heat flux at the cooling surface
of a heating block made of copper by the method of lumped-mass approximation, and the error due
to this approximation will be limited to only a few percentages if the Biot number (Bi) is less than
0.1. In the case of the present spherical surface system, where saturated pool boiling heat transfer
took place subjected to natural convective conditions, Bi was about 0.28 at the most.
2.2 Frost deposition
Frost formation was carried out by the experimental apparatus shown in Fig. 2. The first step was
to cool the copper ball to a desired temperature by submerging it in liquid nitrogen in a Dewar
vessel. Once the copper ball reached the desired temperature, after maintaining its temperature for
1min, the Dewar vessel was moved to the experimental chamber shown in Fig. 2 while keeping the
ball in nitrogen gas in the Dewar. Next, using a heater and humidifier (see Fig. 2), the experimental
chamber was maintained at constant temperature and humidity, and after the desired condition
was reached, the copper ball was taken out of the Dewar to be fixed in place for making frost on it.
Fig. 3 shows typical snapshots of the ball surface, (a) the bare-surfaced copper ball, (b) ball coated
with a layer thickness lf = 0.37mm and (c) ball coated with lf = 0.49mm. The frost layers formed
were very thin as one can still see the color of copper, and they did not break up during the
process of cooling by boiling heat transfer.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

222

① Heater②Humidifier ③Asman psychrometer ④Copper
⑤Camera⑥Dewar vessel
Fig.2 Schematic diagram of experimental apparatus

(a) d =25mm
Fig.3

(b) lf = 0.37mm

(c) lf = 0.49mm

Typical snapshots of copper ball coated with different frost thicknesses

3．Experimental results and discussion
As the first step in this work, boiling heat transfer characteristics for the copper ball was
established. Fig. 4 shows the cooling curves for bare-surface copper balls of diameter d=20 and
25mm. It also shows the cooling curves when the copper ball of d=20mm is coated with frost
layers. The experiments each were conducted more than three times, and the typical results of the
cooling curves are shown in the figure. The boiling curves were obtained from these cooling curves
using Eq.(1), and they are shown in Fig. 5. In this figure, we have also included the boiling curve
reported by Mazor et al.[2] for a copper ball of 30mm dia. and the measurements of the degree of
superheat at the minimum heat flux point by Nishio-Serizawa [1]. The effect of copper ball diameter
on the boiling curve can be seen in the transition region of the boiling curve, but the variation in the
temperature at the minimum heat flux point is limited to only a few Kelvins. Thus, it could be
confirmed that the use of the method of lumped-mass approximation is adequate to obtain the
boiling curve of liquid nitrogen under the saturated boiling condition.
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Fig.4 Cooling curves
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Next, experiments are conducted using a frost layer as the insulation layer on the copper ball of
d=25mm. Fig. 6 shows the variation in the cooling curve when the frost layer thickness is varied as
a parameter. When a frost layer is used as the thermal insulation layer, a film boiling region could
not be observed. Compared to the case of the bare surface (see Fig. 4), the frost coated surface
showed a dramatic increase in the cooling rate, which increased with the increase of the frost layer
thickness.
Fig. 7 shows the boiling curves obtained from the cooling curves of Fig. 6 in the case of copper ball
of d=25mm. It shows that the curve for the bare surface has a film boiling region, and that the
curves for the frost coated surface exhibit the transition boiling regime from a higher temperature.
Mazor et al. [2] used a copper ball of 30mm dia. in their experiments and formed frost coating on
the ball in the forced convective flow of a fan under different conditions. In their case, they reported
that the minimum heat flux and critical heat flux both showed increases compared to those for a
bare surface although thicknesses of the frost coating had not been measured. Further, LiPeterson [3] has reported that the heat transfer characteristics of a copper plate changed when a
wire-mesh was placed on the copper plate.
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Fig. 7 shows that the heat flux in the transition boiling region increases markedly when the ball
surface is coated with frost. Further, the heat flux in the nucleate boiling region also shows an
increase. Fig. 8 shows the critical heat flux qmax as a function of the frost and ice layer [4]
thicknesses. The figure shows clearly that the critical heat flux increases with the frost layer
thickness; but the ice layer shows a different trend. The cause of these differences can be
attributed to thermal conductance and structure of the frost layer. In the case of ice layer, the effect
of ‘thermal insulation paradox’ comes into play reducing the critical heat flux as the ice layer
thickness increases.
4．Conclusions
In this work, effect of a surface thermal insulation layer on boiling heat transfer from a copper ball
in liquid nitrogen under natural convective conditions was investigated by making frost layers on a
copper ball surface. The followings are the findings of this work.
(1) When a frost layer is used as a thermal insulation layer on the cooling surface, the heat
flux in the transition boiling region increased markedly.
(2) Similarly, when a frost layer is used as a thermal insulation layer on the cooling surface,
both the critical heat flux and heat flux in the nucleate boiling region increased.
It can be anticipated that the findings of this work will be useful for future works on cryogenic
applications.
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ABSTRACT
Geyser would occur in long vertical cryogenic propellant feedline under certain conditions in space
launch and propulsion engineering. In order to get a comprehensive knowledge of geyser, a
numerical model was established. Geyser phenomenon in a bottom closed liquid oxygen feeding
line was studied. Pressure and temperature change were obtained during geyser developing process.
The mechanism of geyser is revealed. The results show that the temperature distribution in the tube
tends to be low at both end and high in the middle. The geyser process occurs in the LO2 feed tube
could be divided into incubation, eruption and refilling stages. Dramatic pressure fall would occurs
in the eruption stage and pressure spike occurs in the refilling stage. The violent depressurization
boiling is the main cause of geyser eruption and the condensation induced water hammer caused
by vapor condensation in the tube is the main mechanism of pressure spike in the refilling process.
Keywords: Cryogenic Propellant, Liquid Oxygen Feedline, Geyser Phenomenon.

1. INTRODUCTION
Cryogenic liquid propellants, especially liquid hydrogen (LH2) and liquid oxygen (LO2) are
increasingly used in space launch and propulsion engineering due to their non-toxic, pollution-free
and high-specific impulse advantages. Having a low boiling point, cryogenic propellants are quite
sensitive to the heat leaks from external thermal environment. Under certain situation, geyser would
occur in vertical propellants feed line during the period after missile fueling and prior to launch. The
eruption and refilling process of geyser will bring violent pressure fluctuation which is very damaging
to propellant feed line. Complex mass and heat transfer mechanism is involved in geyser. Therefore,
it is essential to conduct a deep research on geyser phenomenon which is important for the safety
launch of rocket.
Geyser is a two phase flow instability phenomenon which have been studied by many researchers
in some fields through experiment investigation, theoretical analysis and numerical simulation.
Hands (1988) introduced the problem caused by geyser in engineering. Murphy (1965)
experimentally investigated the geyser in long vertical tubes with a reservoir at the top and closed at
the bottom, and presented a correlation for the prediction of geyser in terms of heating rate, system
geometries and fluid properties for cryogenic missile propellant feed designs. But, through
experimental study, Kuncoro et al. (1995) pointed out that the correlation to determine geyser
occurring or not is not true for some situation. Burkhalter et al. (1968) concentrated on influence of
heating rate, fluid temperature and length/diameter ratio on the geyser mechanism. It was shown
that the geyser period increased in a linear fashion as reservoir fluid temperature decreased. Morioka
et al (1986) simulated the geyser phenomenon in LNG pipes. Aritomi (1992) experimentally
investigated the geyser in twin parallel channels in both natural and forced circulations. Casarosa et
al. (1983) performed an experimental study of the geyser effect on a two-phase thermosiphon with
water as the working fluid. Ozawa et al. (1979) experimentally investigated the effect factors of
geyser such as heat flux, flow rate and system pressure. Tae-il et al. (1993) conducted both
experimental and numerical studies of effective parameters on the geyser period using a bottom
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closed vertical tube. Chiang et al. (1994) investigated the thermos-hydraulic instabilities in the area
of geyser under natural circulation. Chen et al. (2015) carried out an experiment investigation of
effective parameters on geyser periodicity in a vertical heated system used in a nuclear reactor.
Water was used as the experiment fluid.
Although a lot of analysis have been carried out to reveal geyser characteristics, the critical details
of geyser are still poorly understood. Thus, in the present paper, CFD approach is adopted to get a
comprehensive knowledge of geyser occurs in the liquid oxygen feed tube of rocket. The physical
field distribution during geyser process is obtained and analyzed. Pressure and temperature change
are presented and discussed, and mechanism of the pressure spike during geyser process is
investigated. The present study will provide a more reasonable insight into the geyser behavior in
the cryogenic propellant feed line.

2. PHYSICAL AND CFD MODEL
2.1

Physical Model

Fig.1 displays the schematic diagram of a typical LO2 propellant feed system. It mainly consists of
an upper propellant tank and a vertical LO2 feed tube which is closed at bottom. Foam insulation
layer with thickness of 20 mm is sprayed on the pipe and tank surface to reduce heat flux from
environment. A 2-D coordinate system is established to describe the geyser phenomenon clearly,
and the coordinate origin is set at the center of pipe bottom section. The parameters of system
component studied in the present paper are shown in Table 1. In the actual working condition, the
size of the tank is huge compared to the pipe under it. The environment heat leak through tank wall
will be brought away by liquid convection and evaporation in the liquid gas interface, hence the tank
wall could be regarded as adiabatic boundary. The solid zone is not included in the CFD model, and
instead a constant heat flux is imposed on the interface between fluid and solid. The heat flux is
calculated considering the heat conduct through foam layer and pipe walls with constant temperature
boundary which is 300K and 90.19k, respectively. And the heat flux value is 158W/m2. There is a
gas venting device above the upper tank, and it was set as pressure outlet boundary condition. The
pressure is constant with a value of 101325Pa. Initial liquid temperature is 90.19K which is the
saturated temperature under 101325Pa.
Table 1. Parameters of tube and tank in the CFD model

Component
Pipe1
Tank1
Pipe2
Tank2
2.2

Inner
Wall
Height(m)
Diameter(mm)
Thickness(mm)
47
3.5
3
1000
1
3
47
5
3
2000
2
3

Phase Change Model

In the present paper, a 2-D model is established by the commercial CFD software FLUENT 16.0 to
simulate the geyser phenomenon. The volume of Fluid (VOF) method has been applied for the
modeling of multiphase problem. Phase change phenomenon was described by Lee model and
implemented by a user-defined function (UDF) which is compiled and embedded into Fluent. In this
UDF, the loaded source terms could calculate the direction and magnitude of the phase change in
each cell by comparing the temperature of the cell T with the local saturation temperature Tsat
corresponding to the pressure. The mass transfer during evaporation and condensation can be
calculated by Equations, which are embedded as mass sources for vapor and liquid phase in
Equation. The corresponding energy transfer term Q is added as an energy source.
(𝑇 − 𝑇sat )
𝑆l = −𝑆g = 𝑟1 𝛼l 𝜌l
Eq. (1)
𝑇sat
(𝑇 − 𝑇sat )
𝑆g = −𝑆l = 𝑟2 𝛼g 𝜌g
Eq. (2)
𝑇sat
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𝑄 = 𝑆ℎfg

Eq. (3)

Due to the long length of the tube, the static pressure head of liquid column changes significantly
with height. The variation of saturation temperature with pressure should be considered. The
saturation temperature are derived from NIST at different pressure, and the relation between
saturation temperature and pressure is fitted as follows.
𝑇sat = 76.63 + 187.2𝑝 − 662.2𝑝2 + 1485𝑝3 − 1391𝑝4
Eq. (4)

Figure 1: Schematic diagram of LO2 feeding
system

Figure 2: Velocity vector

3. RESULTS AND DISCUSSION
3.1

Natural Convection and Temperature Distribution

Fig.2 displays the development of free convection inside the tube. With heat leak into the pipe,
temperature of fluid close to the pipe wall will increase firstly. The fluid within the boundary layer is
heated and consequently its density decrease due to the temperature increase. Under the effect of
upward buoyancy force, warm fluid moves up along the wall until they arrive the interface between
the pipe and upper tank. Afterwards, part of the warm fluid get into the tank, and another part of it
moves down along the pipe center after mixing with the cold liquid in the tank.
As pointed out by Murphy (1965), with the development of warm boundary layer, the whole tube
section will be occupied. Therefore, the free convection ceases, fluid temperature inside the pipe
increase rapidly and eventually leads to the generation of geyser. However, in this paper, the warm
boundary layer cannot fill the entire pipe section during the heating process. The free convection will
always exist until boiling occurs. Despite the existence of natural convection, the heat from
environment cannot be completely brought into the upper tank. Therefore, fluid temperature inside
the tube will gradually increases with time.
The heat was brought to the upper part of the tube and the upper tank while the relatively cold fluid
flow down to the bottom under the effect of free convection in the pipe. Temperature distribution inside
the pipe at 400s is shown in Fig.3. It can be seen that thermal stratification is developed in the lower
part of the pipe, and temperature at the pipe bottom is relatively lower due to thermal stratification.
The cold liquid was heated when it flows down along the center line. Temperature at the location
which near to the interface between the pipe and the upper tank is lowest among the whole part of
the pipe. Under the combined effect of free convection and low temperature in the tank, temperature
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at the middle region of the pipe is highest, and the temperature distributions trend displayed in Fig.4
a will be maintained until boiling occurs.
Fig.4 gives the temperature changes of pipe center line. It is clear that the overall temperature
gradually rises except for the region near the interface between the pipe and the tank. As heat leak
continues, a certain location in the upper region of the tube will reach the saturation state first. Before
the pipe center temperature reaches the saturation state, there will be some subcooled boiling in the
warm boundary layer near the tube wall. With time continuing, the length of tube that temperature is
near the saturation state is longer, and the point that boiling could occurs moves down to the bottom
of the tube. This temperature distribution field makes more energy accumulated in the lower part of
the tube, then, the energy could be violently released when the geyser occurs.
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3.5

0s
200s
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800s
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2.5
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1.5
1.0
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0.0
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Figure 3: Temperature distribution at 600s
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91

92

93

Temperature (K)

94

Figure 4: Axial temperature change

Boiling and Geyser Phenomenon

In order to understand the boiling phenomenon and flow behavior in the geyser process, the phase
distribution contours at different times were observed. Phase distribution contours at five
representative moments are given in Fig. 5. As shown in Fig. 5, the geyser process occurs in the LO2
feed tube could be divided into three stages namely incubation, eruption and refilling. As can be seen
at 960s in Fig. 5, subcooled boiling occurs in the upper section of the pipe and multiple bubbles
disperse in the continuous bulk liquid and travel upward due to buoyancy. With the continuous heat
input, the number of bubbles increases while the length of tube that starts to boil becomes longer.
The heating period from 0s, and boiling process before eruption could be defined as incubation stage.
The presence of bubbles lowers the pressure below and the saturation temperature decreases
simultaneously. This in turn provides a self-sustaining violent boiling. The mixture of liquid and vapor
erupt into the upper tank in a very short time as shown in Fig. 5 at 1029.8s. At the end of eruption
process, void fraction in the pipe reaches the maximum value. Cool LO 2 flow down from the upper
tank into the pipe very quickly, as shown at 1031.2s in Fig. 5, causing a considerable water-hammereffect pressure spike. The LO2 flowing down process could be defined as refilling of geyser. After
refilling process, a new round of energy accumulation process started in the tube until the next geyser
occurs. Bubbly flow and churn flow pattern was observed in the geyser process. Taylor bubbles were
not able to form during the whole process due to low surface tension and large pipe diameter. Through
the phase contours we can see that, the model established in the present paper could simulate the
geyser process including eruption and refilling stages.
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Figure 5: Phase distribution contours at representative moments

3.3

Pressure Change

Fig. 6 gives time variation of pressure at tube bottom and temperature at 0.7m. As seen in Fig. 6, the
pressure almost remains constant before 600s. The liquid was heated up in this period of time and
the temperature distribution described above was formed. Then, the liquid in the upper section of the
pipe starts to boil, and the pressure begin to fluctuate due to bubble formation and movement. In the
boiling stage, the temperature in the pipe upper part no longer increases while the temperature in the
lower part of the pipe is continuously rising as shown in Fig. 7 and Fig. 8 between 600s and 1020s.
The eruption occurred when the number of bubbles and the temperature increase to a certain extent.
The pressure and temperature makes a sharp fall coinciding with the explosive eruption. The
mechanism of eruption could be revealed by the change in pressure and temperature. The energy
accumulated in the liquid becomes very unstable as the heating and boiling going on. Static pressure
of the liquid column decreases under the influence of bubbles in the tube. The saturation temperature
of liquid with high energy decreases with the decrease of pressure at the same time. Violent
depressurization boiling would occur when the local saturation temperature falls below the liquid
temperature. This boiling phenomenon is similar to flashing and a great deal of vapor will be produced.
The eruption of liquid and vapor is formed while liquid in the pipe is expelled into the upper tank by
vapor. During the depressurization boiling process, the energy stored in the liquid was released and
taken away by vaporization, hence the liquid temperature decreases. We can see that from Fig. 7
and Fig. 8, temperature decreases coinciding with the local saturation temperature decreases. The
eruption is about to cease when the temperature stop decreasing. This means the energy releasing
is come to an end, and no more violent boiling exists. The temperature and pressure reach minimum
value at the end of eruption, and void fraction in the pipe reaches a high value.
3.4

Pressure Spike Mechanism

After the eruption, a considerable pressure spike is formed by the refilling of cool liquid in the upper
tank, as shown in Fig. 6. In order to investigate mechanism of the pressure spike, the process after
eruption is studied. When the eruption is about to cease, vapor temperature in the pipe is at saturated
level, and higher than the liquid temperature in the upper tank. Condensation caused by contact of
subcooled liquid with saturated vapor becomes the main phase change process. The liquid would
refill into the tube under the effect of condensation and the gravity. To investigate the dominant factor
causing the pressure spike, refilling process considering condensation and gravity effects and only
gravity effect is investigated. The condensation mass transfer intensity factor r2 was set to zero in the
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gravity only case to ignore the effect of condensation. And the tube length in this simulation was 5m,
the tube diameter was 47mm. The results of the above two situation is depicted in Fig. 9. It is clear
that the pressure history is similar to that in the 3.5m-tube-length case when condensation effects is
taken into account. However, there is no pressure spike in the gravity only case, and the refilling time
is much longer than that of the case when condensation effects is considered. Since there are only
two factors which cause refilling of liquid, it implies that vapor condensation is the main factor of the
pressure spike. Under the effect of condensation, liquid flow down very quickly and hit the bottom of
the pipe or liquid remains in the pipe, and this phenomenon could be called condensation induced
water hammer (Wang et al., 2018) and (Daude et al., 2018). This kind of water hammer is usually
encountered in water and its vapor transmission system, and a huge pressure spike would be formed.
Hence, condensation induced water hammer is the mechanism of the pressure spike in geyser
refilling process
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4. CONCLUSIONS
In the present paper, geyser phenomenon occurred in bottom closed liquid oxygen feed line is
investigated through numerical simulation. The characteristics and mechanism of geyser process is
analyzed. Several conclusions are drawn as follow.
(1) Temperature stratification occurs in the feed tube under the effects of natural convention. The
temperature distribution in the tube tends to be low at both end and high in the middle. This
temperature distribution field makes more energy accumulated in the lower part of the tube, and the
energy could be violently released when the geyser eruption occurs.
(2) The geyser process occurs in the LO2 feed tube could be divided into three stages namely
incubation, eruption and refilling. Pressure in the tube falls sharply due to large void fraction in the
eruption process. A considerable pressure spike occurs in the refilling stage because of liquid flow
down. The model established could simulate the geyser process including eruption and refilling
stages.
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(3) The violent depressurization boiling is the main cause of geyser eruption. Void fraction in the tube
increases rapidly in the depressurization boiling process and liquid column static pressure drops at
the same time. The water hammer caused by vapor condensation in the tube is the main mechanism
of pressure spike in the refilling process.
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NOMENCLATURE
Sl
r1
αl
T
αg
Q
p

Liquid mass source
vaporizing mass transfer intensity factor
(s-1)
liquid volume fraction
Temperature (K)
vapor volume fraction
Heat of vaporization or condensation
Pressure (MPa)

Sg
r2
ρl
Tsat
ρg
hfg

Vapor mass source
condensation mass transfer intensity factor
(s-1)
Liquid density (kg/m3)
Saturation temperature (K)
vapor density (kg/m3)
Latent heat of phase change
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ABSTRACT
To achieve a moving-coil linear compressor with the electric input capacity higher than 10 kW is a
huge challenge. This paper presents the numerical modelling and experimental investigations on an
Oxford-type dual-opposed moving-coil linear compressor with the electric input capacity of 18 kW. A
numerical model is established in which systematic analyses about force balance and magnetic
circuit are conducted. Optimizations on geometries of the magnet circuit, moving coil and air gap are
focused on to enhance the input capacity and also to optimize the motor efficiency. The compressor
prototype is developed experimentally, and experimental results are compared with the theoretical
analyses. The developed compressor is then coupled with a pulse tube cold finger. At present,
experimental results show that the cooler can provide 720 W at 77 K for cooling the high-Tc
superconducting facilities with an electric input power of 16.2 kW.
Keywords: Modelling, Experimental Investigation, 18 kW, Moving-Coil, Linear Compressor.

1. INTRODUCTION
The Oxford-type linear compressor, first proposed in the 1970s (Bradshaw et al., 1986; Davey, 1990),
has made noticeable progress in the past several decades (Ross, 2007; Dang, 2015). According to
the moving component in the linear motor, it can be furtherly classified into the moving-iron, movingcoil and moving-magnet types. The moving-iron type has been firstly studied and developed because
of the high cost and lack of high-quality magnets in the early days, but it also introduced extra
problems such as low stability and difficult control, simultaneously. After the big breakthrough of
permanent magnets, high-energy permanent magnets with considerable cost can be achieved easily.
The moving-magnet and moving-coil types had been applied in varieties of scientific and industry
fields, such as Stirling cooler, pulse tube cooler and household refrigerator (Bansal et al., 2011; Liang
et al, 2017). Especially the moving-coil type, avoiding open circuit axial forces and torques on the
moving coil and eliminating the radial forces by structural features, owns high efficiency and reliability,
thus has become the prior choice in the applications specially emphasizing the stability and long
operation life.
In the cryogenic field, the Oxford-type linear compressor has already become the main driver for the
Stirling cooler and Stirling-type pulse tube cryocooler (SPTC) due to the proven high efficiency and
reliability for about three decades (Davey, 1990; Marquardt et al., 1993; Bailey et al., 2001; Ross,
2007; Dang, 2015), which are attributed to the sustained studies of the linear compressor and its
dynamic and thermodynamic characteristics to a great extent (Bradshaw et al., 2011, 2013; Dang et
al., 2016a, 2016b). However, most of these studies mainly focus on the low or medium capacity
linear compressor with below 1 kW (always tens of or hundreds of watts) of input power, detailed
theoretical and experimental investigations on high capacity compressor (with input power of several
kilowatts or tens of kilowatts) have seldom been reported.
For cooling superconducting cables and fault current limiter, hundreds or thousands of watts cooling
power at liquid nitrogen temperature are always needed, which necessitates the high capacity
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moving-coil linear compressor. In this paper, theoretical and experimental investigations on an 18
kW dual-opposed Oxford-type moving-coil linear compressor will be put forward. Numerical
modelling and analyses of the magnet circuit, force balance and the specific design will be described
in a detail way. The prototype compressor has been worked out and coupled with a large pulse tube
cold finger for cooling the high-Tc superconducting facilities.

2. NUMERICAL MODELLING
Fig. 1 shows the structure of the dual-opposed moving-coil linear compressor to be developed. The
dual-opposed configuration is employed which can substantially decrease the fundamental
frequency vibration. Each half includes a linear motor, a piston, two sets of flexure springs and
several support components. During the operation, the piston, the coil and the flexure springs will
oscillate and the clearance acts as the dynamic seal between piston and cylinder, thereby eliminating
the source of rubbing wear and providing high reliability which are beneficial for achieving long
operation lifetime. The two halves share the same compression chamber and then the PV power will
be transported to the cold finger.

Figure 1: Schematic of a typical moving-coil linear compressor

2.1． Magnetic Circuit Model
According to the working mechanism of the linear motor and the interaction between the compressor
and cold finger. The modelling of the linear compressor can be divided into two parts. The first one
is the magnetic circuit model which mainly consists of the magnet and return irons. A schematic of
the magnetic circuit model for the long-coil type linear compressor is shown in Figure 2. It includes
a magnet, a moving coil, two return irons and an air gap. According to the current excitation, the long
coil will move up and down periodically and not leave out of the air gap. The centre hole shown in
Fig. 2 is used to couple with the piston shaft.
According to the previous study on moving-coil linear compressor in the authors’ laboratory [Dang
et al., 2016b], the magnetic field intensity should be as high as possible to achieve a high motor
efficiency. NdFeB, owning excellent magnetic properties, such as high energy product (BH: 290
kJ/m3) and coercivity (HcB: 880 kA/m), becomes our first choice of magnet material. Then the
geometry dimensions will be optimized. The centre hole is far away from the air gap, which draws
little effect on the magnetic field intensity distribution in the air gap. Its diameter is determined by the
piston shaft. The return iron 1 and the magnet share the same outer diameter which is slightly smaller
than the inner diameter of moving coil. Besides, geometry dimensions of the air gap are the key
parameters which determine the magnetic field intensity and effective coil volume, thereby affecting
the maximum electric input capacity and motor efficiency. Optimizations of them will be discussed in
detail in the following.
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Figure 2: The schematic of magnetic field model

In consideration of the probability of intermittent contact and wear between the moving coil and return
irons, the width of the air gap wg should be a little larger than that of the moving coil wc. According
to the fabrication and assembly experiences on the previous study of linear compressor, the
difference is only 15 μm. Theoretically, the width of the air gap wg should be as small as possible to
achieve large magnetic field intensity. But it leads to a short coil length as well. According to the
relation between the coil length and motor efficiency shown in Eq. (1), short coil length will lead to
the decrease of the motor efficiency. Moreover, it will affect the motor force, thereby reducing the
maximum electric input capacity as well. These two aspects are not beneficial for obtaining a large
capacity linear compressor with high motor efficiency. In the optimization of air gap geometry, a
compromise between the average value of magnetic field intensity and effective coil volume should
be made.
motor =

B 2 L2 Ap 2 Z a cos  a

(

)

Eq. (1)

2
2
Z a cos  a A B L + bB L + Re Ap ( Z a cos  a + b / Ap 2 ) + Z a sin  a + ( k x − m 2 ) / Ap 2 


2
p

2 2

2 2

4

where ηmotor is motor efficiency, B, Ap, m and L represent magnetic field intensity, piston surface area,
moving mass and coil length in the air gap, respectively. Za and θa are the amplitude and phase
angle of the cold finger impedance. Re, b, kx and ω represent the coil resistance, damp coefficient,
axial stiffness of flexure springs and angular frequency, respectively.
A two-dimensional model of the magnets circuit will be established to explain the above
circumstances in a detailed way. The impedance and phase angle of cold finger are regarded as
constant. Then the magnetic field distribution in the air gap can be solved by the simulation with
Maxwell software. Table 1 gives the simulated results of average magnetic field intensity and motor
efficiency with various widths of air gap.
Results show that the average magnetic field intensity decreases monotonously with the width of air
gap, while there exists an optimal value for the compressor to achieve the highest motor efficiency.
Moreover, with the assumption that the air gap will be full filled with coil wire, the maximum electric
input capacity will rise with the growth of air gap width. . According to the simulated results, optimal
geometries of the air gap can be determined accordingly. In practice, the diameter of the coil wire
cannot be selected arbitrarily and layer number of the coil must be integer, so the air gap cannot be
full filled with coil wire. Moreover, in the selection of coil wire dimeter, the rated current which will
affect the maximum electric input capacity, should be another important item to be considered.
In addition, a 3D model of the magnet circuit with Maxwell software has also been established to
investigate the influences of current excitation on static magnetic field intensity. The simulated results
are illustrated in Fig. 3. In the four cases, the current excitation increases from 0 A to 15 A gradually
with an interval of 5 A. Results indicate that, large magnitudes of magnetic field intensity appear in
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the area of the air gap or near it, and the amplitude of current excitation takes little effect on the static
magnetic field distribution in such a magnet circuit configuration, for all cases.
Table 1. Comparisons of compressor performance with different widths of air gap

Width of air gap
(mm)
6.6
6.8
7.0
7.2
7.4
7.6
7.8
8.0

Magnetic field intensity
(T)
2.22
2.16
2.14
2.10
2.06
2.02
2.00
1.97

Motor
efficiency
79.78%
79.96%
80.02%
79.98%
79.84%
79.76%
79.68%
79.59%

Maximum electric
input capacity
0.976 P
0.98 P
P
1.01 P
1.019 P
1.027 P
1.044 P
1.056 P

Therefore, in the analyses of moving-coil linear compressor, the magnetic field distribution can be
regarded as constant.

Figure 3: Influences of current excitation on the static magnetic field intensity

2.2． Force Balance Model
The second model of the linear compressor is the force balance. During the operation, the piston,
the coil and flexure springs will oscillate according to current excitation. The moving mass includes
the piston, moving coil and one third of flexure springs. The force balance model can be summarized
as shown in Fig.4 and Eq. (2). Six dynamic forces act on the moving mass, which are the linear
motor force, mechanical spring force, gas force on the back side of the piston and that on the front
side, viscous dissipation force and inertial force, respectively.

LBi(t ) =

Motor force

m

d 2 x(t )
dt


Inertial force

+ b

dx(t )
dt


Viscous force

+

k x x(t )


+

p (t ) Ap


−

pB (t ) Ap


Eq. (2)

Mechanical force Gas force（front） Gas force（back）

where p(t) and pB(t) represent the dynamic pressure in the compression space and that on the
backside of the piston, respectively. Both phases of the inertial force and mechanical spring force
lag the velocity by 90 degrees. During each cycle, these two forces act as springs and no work will
be consumed. The work done by the viscous dissipation force will be transformed into heat, while
that of the gas force on the front side of the piston will be converted into PV power and then
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transmitted to the cold finger. In theory, the value of θ should approximate to 90 degrees to obtain
high motor efficiency.

Figure 4: Force balance of the moving mass in linear motor

3. PRIMARY EXPERIMENTAL TESTS AND RESULTS
The permanent magnet and return irons are firstly worked out, installed and integrally magnetized.
Experimental tests on the distribution of the magnetic field intensity have ben put forward and a
photograph of the test setup is shown in Fig.5. A height measuring instrument, a magnetometer and
some supporting structures are used to measure the magnetic field intensity at different positions of
the air gap with a relatively high precision.

Figure 5: Test setup of the magnetic field intensity

The geometry of the air gap is 7 mm in width and 16 mm in height. Table 2 gives test results of the
magnetic field intensity distribution in the air gap with a testing interval of 1 mm in width direction and
2 mm in height direction.
Table 2. Experimental results of magnetic field intensity (mT) distribution

Position in width
Position in height
0 mm
2 mm
4 mm
6 mm
8 mm
10 mm
12 mm
14 mm
16 mm

0 mm

1mm

2mm

3mm

4mm

5mm

6mm

7mm

901.6
926.1
938.6
946.7
951.1
951.3
965.7
1043.5
677.4

898.8
931.6
946.9
954.9
958.1
957.6
957.4
934.4
710.4

902.0
942.3
957.5
964.0
965.7
962.9
950.5
893.8
713.3

919.0
959.1
971.5
975.4
975.6
970.5
949.4
876.1
715.0

959.6
986.8
990.9
990.6
989.2
984.2
963.9
888.6
724.9

1007.6
1013.6
1007.3
1002.9
1000.7
998.2
986.1
920.0
731.6

1078.7
1044.8
1024.9
1016.3
1013.8
1015.5
1021.5
994.9
742.7

1154.0
1069.8
1038.9
1027.6
1025.0
1030.2
1054.5
1120.7
722.7
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The zero position in width direction is defined at the inner diameter surface of return iron 2 and that
in height direction is defined at the top surface of return iron 1 as shown in Fig.2. Experimental results
show that, in the width direction, the magnetic field intensity generally increases from the outside of
the air gap to the inside. While in the height direction, largest magnetic field intensity exists at the
position of 14 mm. Based on the results, the average value of magnetic field intensity can be
calculated and it’s equal to 960 mT, which is only about half of the theoretical one as shown in Fig.3.
The main reason is that, the magnet with relatively large geometry (the outer diameter of the
permanent magnet is 210 mm and that of the return iron 1 reaches 270 mm) is hardly to get fullmagnetized with integrated magnetized method.
According to the design and experience of flexure springs applying in our space used linear
compressors, three Archimedes spirals are employed in the design and austenitic stainless steel is
used in the fabrication. A photograph of the developed flexure springs is shown in Fig.6. The outer
diameter of the flexure spring is 200 mm and the inner hole is used to fit the piston shaft with a
diameter of 15.5 mm. Both the slot width and thickness are 2 mm. The axial stiffness of the flexure
spring is also measured, whose value is 6.2 kN/m for each piece.

Figure 6: A photograph of the developed flexure springs

The linear compressor is assembled and then tested without coupling a cold finger. Fig. 7 shows the
test results of piston oscillation attenuation curve. In the test, the displacement transducer is attached
to the piston shaft to monitor the movement of piston. Test results will be displayed in the
oscilloscope. Experimental results indicate that, the movement of piston is an attenuated sine wave
with a small damp. Results in Fig.7 can be used to evaluate the mechanical damp due to the loss of
imperfect elasticity of flexure springs and friction between piston and working gas in the clearance
gap.

Figure 7: Test setup of the magnetic field intensity

The specific calculated method can be written as:
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b = 2ln

Ai
Ai + n

mk x

A 
4 n +  ln i 
 Ai + n 
2

2

2

Eq. （3）

where Ai represents the amplitude of piston displacement, m is the moving mass and kx is the axial
stiffness of flexure springs, n is the interval number between Ai and Ai+n. And the mechanical damp
coefficient of the developed compressor is 22.3 N·s/m.
Fig. 8 shows a photograph of the comparison between the developed large capacity linear
compressor and our mature medium capacity one (with the maximum input capacity of 300 W). And
Fig. 9 shows the details of the half of the linear compressor.The large compressor weights 100 kg
with the geometry dimensions of 680 mm in length and 320 mm in outer diameter.

Figure 8: Comparison between the developed
compressor and small-scale compressor

Figure 9: A photograph of the details of the
developed linear compressor

Moreover, the developed linear compressor has also been coupled with a high capacity pulse tube
cold finger and cooling performances are shown in Fig.10. With the increase of cooling capacity, the
cooling efficiency of Carnot decrease a little, which mainly caused by the slight attenuation of motor
efficiency. At present, with an electric input power of 16.2 kW, a cooling capacity of 720 W at 77 K
can be achieved with cooling efficiency higher than 12%. Fig.11 shows the relations between the
cooling temperature and motor efficiency. With the decrease of the cooling temperature, the motor
efficiency drops slightly, which is the main reason leading to the decrease of cooling efficiency.
While, a motor efficiency of 78.5% can be obtained at the cooling tempearture of 77 K. In the near
future, some components of the linear compressor will be furtherly optimized, which is expected to
have a maximum input capacity of 18.5 kW for the SPTC to acquire a cooling capacity of 800 W at
77 K.
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Figure 10: Experimental results of the coupled
SPTC

Figure 11: Relations between cooling
temperature and motor efficiency

4. CONCLUSIONS
In this paper, the numerical modelling and experimental investigations on an Oxford-type dualopposed moving-coil linear compressor aiming to obtain the electric input capacity of 18 kW are
presented. Numerical models are established in which systematic analyses about force balance and
magnetic circuit are conducted. Optimizations on geometries of the magnet circuit, moving coil and
air gap are focused on to enhance the input capacity and also to optimize the motor efficiency,
simultaneously. The compressor prototype is worked out and then coupled with a pulse tube cold
finger. At present, experimental results show that the cooler can provide 720 W at 77 K with an
electric input power of 16.2 kW, and a motor efficiency of 78.5% is obtained as well.
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NOMENCLATURE
Ai
Ap
B
b
i(t)
kx
L
m
n

piston amplitude (m)
piston area (m 2)
magnetic field intensity (T)
damp coefficient (N·s/m)
current (A)
stiffness (N/m)
coil length (m)
moving mass(kg)
interval number

P
p(t)
pB(t)
Re
x(t)
Za
ηmotor
ω
θa

electric input power
dynamic pressure front of piston (Pa)
dynamic pressure back of piston (Pa)
coil resistance(Ω)
piston displacement (m)
impedance (Pa·s/m 3)
motor efficiency (%)
angular frequency(rad/s)
phase angle of impedance (degree)
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ABSTRACT
The automatic temperature control electronics for the multi-stage Stirling-type pulse tube cryocooler
(SPTC) is indispensable in simultaneously maintaining steady cooling temperatures for each stage
in practical applications. A novel automatic temperature control method based on expert PID/fuzzy
hybrid control method is proposed and its characteristics are elaborated. The design of the control
electronics is depicted and the prototype has been tested on a two-stage SPTC providing cooling at
30 K and 85 K, and a three-stage SPTC with cooling temperatures of 90 K, 40 K and 10 K at stages,
both developed in the authors’ laboratory. Experimental results show that, with the novel control
method and developed electronics, high temperature stability of ±0.3 K@85 K and ±0.2 K@30 K can
be obtained for the two-stage SPTC and ±0.5 K@90 K, ±0.2 K@40 K, ±0.15 K@10 K are achieved
for the three-stage one.
Keywords: Multi-stage, Stirling-type Pulse Tube Cryocooler, Temperature Control, High Stability.

1. INTRODUCTION
With the merits of low vibrations, high reliability, compact structure, high efficiency and long operation
life, the Stirling-type pulse tube cryocooler (SPTC) has become one of the most expected cryocooler
in a variety of special fields, such as in space and national defense. Recently, there is an increasing
interest in providing multiple cooling temperatures in one space-borne cryogenic instruments. For
instance, some space equipment has several detectors with different operating temperatures, and
some need to simultaneously cool both the detector and optics since the cooled optics contributes
to substantially minimize background thermal noise and thus can noticeably enhance the detecting
sensitivity. Still some need to simultaneously cool the detector and to remove the parasitic heat loads
originating from the support structures and electrical leads (Jensen et al., 2006; Ross, 2006; Jaco et
al., 2008; Rabb and Tward, 2010). In order to achieve high signal/noise ratio, the SPTCs are needed
to provide steady temperatures to the cooled device, and thus the automatic temperature control
becomes a new request to the SPTC.
In recent years, with more and more multi-stage SPTCs been used for practical space missions, the
corresponding temperature control electronics has also achieved noticeable developments. For
example, in 2009, in cooperation with ITT Industries Space Systems Division, NGST (Colbert et al.,
2009) worked out its control electronics of the Pulse Tube Cooler System for Advanced Baseline
Imager (ABI) program in the mission of NOAA Geosynchronous Operational Environmental SatelliteR Series (GOES R), in which the electronics could provide a temperature stability of 100 mK peakto-peak in short-term and ±500 mK in long-term, especially to the second stage.
Generally, there are two methods for the SPTC to achieve automatic temperature control. The first
one is to adjust the electric input power. The advantage of this method is power-saving, but the
control is relatively complicated owing to that the SPTC is a mechanical-thermodynamic coupled
time-hysteresis system. The second one is to apply heat load automatically through thermal balance
method. The obvious advantages of this method are simplicity and high precision of temperature
control. But it needs the SPTC to provide more cooling powers to achieve the automatic temperature
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control, and thus it wastes some cooling powers which reduces the cooling efficiency of the system.
Especially in the cases of very low cooling temperatures, extra small cooling powers always need
large input power. In the automatic temperature control of our multi-stage SPTC, the above two
methods will be combined to achieve high temperature stability and power saving simultaneously.
In recent years, the authors’ laboratory has made substantial progress in the development of SPTC,
the developed SPTCs include single-stage, two-stage and three-stage, which cover the cooling
temperature ranges from 300 K to 4 K, some types of single-stage SPTC have been applied into
actual space applications. To meet the demands in space applications, the automatic temperature
control system is also developed synchronously. The space-born control electronics for the singlestage SPTC has been reported (Tan, et al., 2015). In this paper, the automatic temperature control
electronics for our multi-stage SPTCs (a two-stage SPTC with cooling temperatures of 30 K and 85
K and a three-stage SPTC with cooling temperatures of 10 K, 40 K and 90K) will be presented and
the control method based on expert PID/fuzzy hybrid control will be described in detail.

2. COOLERS AND CONTROL ALGORITHM
2.1 Cooler Descriptions
Fig. 1 shows a photograph of a thermally-coupled two-stage coaxial SPTC (Tan and Dang, 2017). It
employs one linear compressor, and typically, it can simultaneously achieve 0.6 W at 30 K and 3 W
at 85 K with an electric input power of 300 W and a reject temperature of 300 K.

Figure 1: A photograph of the developed two-stage SPTC

Fig. 2 shows a photograph of a three-stage SPTC (Dang et al., 2018). One linear compressor drives
for the first two stages and the other one connects to the three stage, with a total input power of 400
W, cooling capacities of 100 mW@10 K, 0.5 W@40 K and 2 W@90 K can be obtained at each
stage.
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Figure 2: A photograph of the developed three-stage SPTC

2.1 Control algorithm
In the automatic temperature control of the multi-stage SPTC, both the methods of adjusting input
power and automatically applying heat load by thermal balance method will be used. The two-stage
SPTC is thermally-coupled, and part of the cooling power of the first stage will be used to precool
the middle part of the second stage. Therefore, the temperature fluctuation of the first stage will affect
the cooling performance and temperature stability of the second stage. Moreover, the two-stage
SPTC is driven by only one linear compressor, and adjustment of the input power will influence both
the cooling performances of the two stages. In consideration of these points, the temperature of the
first stage will be controlled through thermal balance method while that of the second stage by
adjusting the input power of the linear compressor.
Fig. 3 shows the closed-loop feedback control block diagram of the two-stage SPTC. Temperature
sensors are installed at two cold tips to collect the temperature signals, which will be sent to signal
amplifier part and transformed into voltage signals. After that, signals will be furtherly converted into
digital signals and sent to controller. According to the designed expert PID/fuzzy hybrid control
method, the digital signals will be compared with the set ones and proceeded, then the controller
exports the digital control signals. After the digital to analogue(D/A) conversion, two actuators will
act on the basis of the digital control signals with the power supply, adjusting the input power of the
linear compressor and heat power of the first stage.

Figure 3: The control block diagram of the two-stage SPTC

Similar to the two-stage SPTC, the three-stage one also employs thermally-coupled staging
construction. But the three-stage SPTC owns two linear compressors and three different cooling
temperatures. Moreover, phase shifters of the third stage are precooled by the second stage, thus
its cooling temperature stability plays a substantial role in the cooling performance and cooling
temperature stability of the three stage. Fig. 4 illustrates the control block diagram of the three-stage
SPTC.
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Figure 4: The closed-loop feedback control block diagram of the three-stage SPTC

The basic control loop is similar to that of the two-stage SPTC. The cooling temperature of the third
stage reaches 10 K. The ratio of input power to cooling capacity is relatively large, and the third stage
is driven by a separated linear compressor. In order to reduce input power and to promote the control
precision of the cooling temperature, the temperature of third stage is controlled by adjusting the
input power of the linear compressor through closed-loop control. For the first stage, part of its
cooling power is used to precool both the middle part of the second stage and first part of the third
stage. For the second stage, part of the cooling power is used to precool the second part of the third
stage. One compressor and two heaters which can respectively adjust the input power and extra
joule heat on the cold tips, are employed to ensure the temperature stability of the first two stages.
The SPTC is a complicated electrical-mechanical-thermodynamic system. Especially for the multistage ones, performance of each stage will influence others. It is difficult to establish the accurate
mathematical model and to get its transfer function. The expert PID control algorithm is a kind of
control algorithms based on the classical PID algorithm. It intelligently uses the knowledge on the
control objects and control rules to design the controller. The PID parameters can be designed based
on the experts’ experience accumulated by many tests on the SPTCs. Moreover, as the transfer
function of the SPTC is unknown, fuzzy control is very appropriate for the control. Combined these,
a novel control method named expert PID/fuzzy hybrid control is proposed to achieve the automatic
temperature control of the multi-stage SPTCs.
For the temperature signals of both stages, the incremental PID will be used in the discretization
which can be expressed as Eq. (1) to Eq. (3):
um (k ) = um (k - 1) + kn {k P [em (k ) - em (k - 1) ] + k S k I em (k ) + k D [em (k ) - 2em (k - 1) + em (k - 2) ]}

Eq. (1)

De(k ) = e(k ) - e(k - 1)

Eq. (2)

De(k - 1) = e(k - 1) - e(k - 2)

Eq. (3)

where k is the sampling sequence number, um(k) (m=1, 2 or 3, represents the number of the stage)
is the controlled parameter at the moment of k, e(k) and e(k–1) are the errors at the moment of k
and k–1. kP is the proportional gain, kI is the integral gain, kD is the derivative gain, and kS is the
integral separation coefficient. kn(n=1,2) is the control coefficient, k1>1 and 0<k2<1.
Generally, the operation of the SPTCs will be very steady if the working environmental variation is
small. The automatic temperature control system is mainly used to resist large enviromental change
and cooler performance deterioration of long time operation. The complete control algorithm of the
SPTC is shown in Fig. 5 and the detailed flow chart of the expert PID/fuzzy control algorithm is shown
in Fig.6. According to the value and variation of the errors, the detailed expert PID/fuzzy hybrid
control algorithm of the multi-stage SPTCs can be summarized as the following four cases.
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Figure 5: The control algorithm of the whole SPTC

Case 1: em(k)>L1. Here L1 is a relatively large set limit value. In this case, the absolute value of error
is very large, which mostly occurs at the start-up process. At this moment, the input power of the
compressor should be kept maximum to decrease the absolute value of the error at the maximum
rate despite of the variation tendency of the deviation. The control process can be regarded as an
open-loop control.
Case 2: e3(k)>L1, e2(k)<L1 or e1(k)<L1. In this case, the difference between the current cooling
temperatures of the first stage and the set one becomes small, while those of the second stage and
third stage are not. The electric input power of the compressor which supplies the first two stages
will be set to a specific value P1 while that of the compressor supplying the third stage separately
will be kept to the maximum.
Case 3: L2<|em(k)|<L1. Here, L2 is another set limit value which is smaller than L1. Under this
circumstance, the differences between two cooling temperatures and the set ones are small. Then,
the electric input power of the compressor which supplies the first two stages will be set to a specific
value P1 and that of the compressor supplying the third stage will be set to P2.
Case 4: |em(k)|<L2. If |e1(k)|<L2, the expert PID control of heat balance will work, and the heat load
applied to the first stage will be automatically regulated. If |e2(k)|<L2, the expert PID control of electric
input power of the first compressor will work to adjust the input power of the compressor to make the
cooling temperature of the second stage stable. If |e3(k)|<L2, the expert PID control of electric input
power of the second compressor will work. The control algorithms of the expert PID controls
mentioned above are the same. The specific is as follow: if em(k)△em(k)≥0, general control works to
reserve the variation tendency of the error and to reduce the absolute value of error, kn =k2 and kS=0.
If em(k)△em(k)<0 and △em(k)△em(k–1)>0 or em(k)=0. The absolute value of error changes with a
decreasing rate, or the control is in the equilibrium state, and the output of the controller should be
kept constant. If em(k)△em(k)<0 and △em(k)△em(k–1)<0. The error is in the extreme state, the
absolute value of error is not very large. General control can be applied, kn =k2 and kS=0. If |e(k)|<ɛ.
Here ɛ is a relatively small set value. It means the absolute value of error is already very small, and
the integral control process should be added to reduce the steady-state error, kn =k2 and kS=1.
For the two-stage SPTC, the control algorithm is very similar. In Case 4, the expert PID control of
heat balance works on the first stage and that of input power takes effect on the second stage.
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Figure 6: The flow chart of the expert PID/fuzzy control algorithm of the SPTC

3. HARDWARE APPARATUS AND CONTROL SOFTWARE
Table 1 gives a summary of operating parameters of the developed two-stage and three-stage
SPTC, and Table 2 shows the key design goals of the control electronics. At present, the temperature
stability and energy conversion efficiency are the most concerned. Low mass and wide temperature
adaptability are also important terms for the future applications.
Table 1． A summary of operating parameters of two-stage and three stage SPTCs

Parameters
Operating frequency
Electric input power
Charge pressure
Cooling performances

Two-stage SPTC
57 Hz
200 W
3 MPa
1W @85 K, 0.5 W@30 K

Three-stage SPTC
57 Hz (1st, 2nd stages), 32 Hz (3rd stage)
290 W (1st, 2nd stages), 80 W (3rd stage)
3.3 MPa (1st, 2nd stages), 1.2 MPa (3rd stage)
0 W@90 K, 0 W@40K, 100 mW@10 K

The control electronic consists of three parts. The first one is the signal process module, in which
the design software of sinusoidal pulse width modulation (SPWM) output and that of the expert
PID/fuzzy hybrid control are developed and downloaded from the computer. The second part is the
H bridge drive module. The bus voltage is 42 V DC, while the linear compressor employs the AC
current to achieve periodical piston compression and expansion. Therefore, with the SWPM signal
acting as the control signal, an integrated chip named DRV8412 from Texas Instrument Company is
used to efficiently drive the linear compressor under DC power supply. The third part is the
temperature collecting module, which mainly includes thermometers, sampling circuit and signal
amplifier.
Table 2． Key design goals of the control electronics

Parameters
Bus voltage
Total power
Frequency of modulated sine wave

Design goal
42 V (DC)
0-300 W，for one compressor
10-100 Hz
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Efficiency (DC to AC)
Temperature stability
Mass
Geometry dimensions
Operating temperature adaptability

>90%
< ±0.5 K for each stage
<0.5 kg（not including mounting box）
180 mm*160 mm*100 mm (L * W * H)
-40 ºC to 60 ºC

4. EXPERIMENTAL SETUP AND TESTS RESULTS
The control electronic is worked out, and experimental tests of them coupling with SPTCs have been
carried out. At first, the automatic cool down process has been tested. Fig.7(a) and (b) shows the
automatic cool-down curves of the two-stage and three-stage STPC with the control of the developed
electronics devices, respectively. For the two-stage SPTC, a heat load of 1 W is applied on the first
stage and 0.5 W is applied on the second stage at the time of start-up. Fig.7(a) shows that it takes
about 18 mins for the first stage to achieve the target cooling temperature of 85 K, and 30 mins are
needed for the second stage to achieve the cooling temperature of 30 K. Moreover, there are no
overshooting in the cool-down processes of both stages, which verifies the control effect of the
developed expert PID/fuzzy control method. For the three-stage SPTC, a heat load of 100 mW is
added at the time of start-up. Fig.7(b) shows that similar circumstances also occur in the cool-down
process of the three stages, there is no temperature overshooting under the control of the developed
electronics. It takes about 60 mins for the first two stages to achieve the aimed cooling temperature
of 90 K and 40 K. While 80 mins is needed for the third stage to obtain the cooling temperature of
10 K.
Then, long-term temperature stabilities of the SPTCs with the developed control electronics are also
tested. Fig.8(a) illustrates the temperature variations of the two-stage SPTC in long-time operation.
Once the cooler is in steady state, the temperature fluctuation of the first stage at 85 K is smaller
than 0.5 K and that of the second stage at 30 K is below 0.2 K in 2 hours. Fig. 8(b) shows the longterm test results of the three-stage SPTC. Temperature stabilities of ±0.5 K, ±0.2 K and ±0.15 K can
be achieved for the three stages operating at the cooling temperatures of 90 K, 40 K and 10 K,
respectively. The experimental results of both the two-stage and three-stage SPTCs verify that the
proposed novel expert PID/fuzzy control method and the developed control electronics can provide
automatic temperature control for the multi-stage SPTCs with high stability.

Figure 7: (a) Cool-down curve of two-stage SPTC. (b) Cool-down curve of three-stage SPTC

Then, long-term temperature stabilities of the SPTCs with the developed control electronics are also
tested. Fig.8(a) illustrates the temperature variations of the two-stage SPTC in long-time operation.
Once the cooler is in steady state, the temperature fluctuation of the first stage at 85 K is smaller
than 0.5 K and that of the second stage at 30 K is below 0.2 K in 2 hours. Fig. 8(b) shows the longterm test results of the three-stage SPTC. Temperature stabilities of ±0.5 K, ±0.2 K and ±0.15 K can
be achieved for the three stages operating at the cooling temperatures of 90 K, 40 K and 10 K,
respectively. The experimental results of both the two-stage and three-stage SPTCs verify that the
proposed novel expert PID/fuzzy control method and the developed control electronics can provide
automatic temperature control for the multi-stage SPTCs with high stability.
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(a)
(b)
Figure 8: (a) Experimental tests results of temperature stability of two-stage SPTC, (b) Temperature
stability of three-stage SPTC

Moreover, temperature stabilities of the SPTCs with additional external heat disturbence are also
tested, especailly for the stage with lowest temperature. Fig.9(a) and (b) show the temperature
variations of the two-stage SPTC with additional external heat disturbence of 0.1 W appling at the
second stage, and that of the three-stage SPTC with 20 mW appling at the third stage, respectively.
During the whole process, the temperature fluctuation of the second stage at 30 K is below 0.2 K,
which shown in Fig.9(a). Moreover, Fig. 9(b) shows the stability test results of the three-stage SPTC
with additional external heat disturbance of 20 mW. Under this circumstance, a temperature stabilitie
of ±0.15 K can be achieved at the cooling temperatures of 10 K for the third stage.

(a)
(b)
Figure 9: (a) Experimental tests results of temperature stability of two-stage SPTC with external
disturbance, (b) Temperature stability of three-stage SPTC with external disturbance.

5. CONCLUSIONS
In this paper, a novel automatic temperature control method named expert PID/fuzzy hybrid control
method is proposed and its control algorithm is detailed elaborated. The design of the control
electronics is depicted and the prototype has been tested on a two-stage SPTC providing cooling at
30 K and 85 K, and a three-stage SPTC with cooling temperatures of 90 K, 40 K and 10 K at stages.
The experimental results show that, with the novel control method and developed electronics,
temperature stabilities of ±0.3 K@85 K and ±0.2 K@30 K can be obtained simultaneously for the
two-stage SPTC and ±0.5 K@90 K, ±0.2 K@40 K, ±0.15 K@10 K are achieved for the three-stage
one.
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ABSTRACT
This paper presents the computational fluid dynamics (CFD) modeling and optimization of a SPTC
with a cooling capacity of 700 W at 77 K for cooling large-scale high-Tc superconducting facilities.
This SPTC consists of two cold fingers driven by an 18 kW linear compressor. A two-dimensional
CFD model is established to investigate the flow and heat transfer process inside the regenerator.
For the aimed high cooling capacity, the flow straighteners become crucial to minimize the turbulence
flows in the system. The distribution of temperature in the regenerator is non-uniform due to the flow
conditions, which makes the optimization more difficult. The SPTC is worked out based on the
theoretical analyses. The cooling capacity of 700 W at 77 K with a relative Carnot efficiency of 11.3%
has been achieved experimentally, slightly lower than the simulated 13%.
Keywords: CFD, Heat Transfer, Large Scale, Pulse Tube, Regenerator.

1. INTRODUCTION
In recent years, with the rapid developments of the superconducting technology, the characteristics
of no-resistance, high current density and Meissner effect have attracted many fields such as the
electric elements, transportation, medical instruments, military defense and scientific experiments.
There is an increasing demand for cryogenic systems of the applications mentioned above,
especially the high-temperature superconducting electrical technology. Cryocoolers are the key
component of cryogenic systems. Compared to conventional cryocoolers such as GM and Stirling
cryocoolers, the Stirling-type pulse tube cryocooler (SPTC) without any moving part at the cold head
is a better choice due to its long-life and high reliability.
The SPTC is composed of two essential parts: the linear compressor and the pulse tube cold finger
(PTCF). There are still some obstacles in the design of a PTCF when the cooling capacity is larger
than 500 W. Some special phenomena, such as the non-uniform temperature distribution inside the
regenerator and turbulence flows, will occur.
Several proposals were put forward to reduce the influence mentioned above. Imura et al. (2008)
developed an in-line SPTC with the cooling capacity of 180 W at 80 K, in which the hard copper
meshes were inserted inside the regenerator to reduce the impact of the turbulent flow. Potratz et
al. (2008) built a large capacity in-line SPTC with a refrigeration capacity of 1 kW at 77 K by using a
20 kW dual-opposed pressure wave generator. Sophisticated geometry was applied and the
streaming had been minimized successfully. Caughley et al. (2015) combined three in-line pulse
tube cryocooler with only one diaphragm pressure wave generator, which provided 1250 W of
cooling power at 77 K with a Carnot efficiency of 15%. Chart’s coaxial SPTC could achieve 650 W
of cooling power at 80 K with 15 kW of input power (Spoor, 2014; Spoor, 2016), for which
computational fluid dynamics (CFD) were applied to analyze the flow inside the aftercooler and cold
head for optimization.
In spite of these studies, rare investigations have been worked on the two coaxial cold fingers
coupled with only one linear compressor. In this paper, the CFD modeling and optimization of a
SPTC with a cooling capacity of 700 W at 77 K for cooling large-scale high-Tc superconducting
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facilities will be presented. A two-dimensional CFD model is established to investigate the flow and
heat transfer process inside the regenerator. For the high cooling capacity, the flow straighteners
become crucial to minimize the turbulence flows in the system. The distribution of temperature in the
regenerator is non-uniform due to the flow, which results in much difficulties in optimization. The
SPTC with two cold fingers and one compressor is then worked out based on the theoretical
analyses. And the theoretical and experimental results will be compared and discussed.

2. MODEL SETUP
The one-dimensional model is widely used in the design and optimization of the mid-sized SPTC
because of the fast speed of the calculation. With the rapid development of the SPTC, the cooling
capacity increases gradually which makes the size become larger, and the ratio of the diameter to
the length of tubes becomes higher. As a result, the accuracy of the one-dimensional model would
decrease. In recent years, to acquire more accurate results and detailed descriptions of the heat and
mass transfer process inside the SPTC, two-dimensional (2D) models have been built based on
ANSYS Fluent®, and then characteristics of the flow and heat transfer could be presented. However,
most studies mainly focus on the mid-sized and micro sized SPTCs, few investigations are
conducted on the large capacity which is higher than 300 W using 2D modeling. In this paper, a 2D
axis-symmetric CFD model of SPTC with a cooling capacity of 700 W will be established using
ANSYS Fluent®, and the characteristics of the SPTC will be studied theoretically and experimentally.
2.1.

CFD Model

The typical SPTC has two parts: the linear compressor and the PTCF. The linear compressor is
composed of two pistons, two cylinders, two moving-coils, the return irons, the permanent magnet,
the flexure springs. The clearance seal technology is applied in the linear compressor. The PTCF
consists of the regenerator, the pulse tube, the heat exchangers, the inertance tubes, and the
reservoir. The two parts are connected by a tube.
Fig. 1 shows a schematic of the simulation model. Fig. 1 (a) shows a schematic of one compressor
coupled with two cold fingers. Since the two cold fingers are the same, to simplify the model of the
SPTC, it only includes one cold finger and is set to be axis-symmetric as shown in Fig. 1 (b). The
flow straightener is set to be filled with porous materials. The linear compressor in the model is
regarded as the pressure inlet.

(a)

Figure 1: Schematic of the simulation model

(b)

Table 1 shows the boundary conditions of the model. The components which are placed inside the
vacuum chamber is set to be adiabatic. The wall temperatures of other components are set to be
300 K.
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Table 1. Boundary conditions

Component name
Aftercooler
Regenerator
Cold heat exchanger
Pulse tube
Hot heat exchanger
Inertance tube 1
Inertance tube 2
Reservoir

Boundary condition
300 K (Wall temperature)
Adiabatic
Adiabatic
Adiabatic
300 K (Wall temperature)
300 K (Wall temperature)
300 K (Wall temperature)
300 K (Wall temperature)

The inlet pressure wave can be defined by using the User Defined Function. So, the inlet pressure
wave can be given by (Fluent Inc., 2006):
𝑝𝑖𝑛 = 𝑝0 + ∆𝑝 sin 2𝜋𝑓𝑡

Eq. (1)

where ∆𝑝 is the amplitude of the dynamic pressure, 𝑓 is the operating frequency, and 𝑝0 is the
charge pressure of the whole system. The value of 𝑓 and the 𝑝0 will be given after the optimization.
The value of ∆𝑝 can be calculated based on the results of studies in the same laboratory (Dang,
2012; Dang, 2015).
In the simulation, the governing equations of the model including the mass conservation equation,
the momentum conservation equation and the energy conservation equation are given as follows
(Fluent Inc., 2006):
𝜕𝜌𝑓
+ 𝛻 ∙ [𝜌𝑓 𝑢
⃗]=0
𝜕𝑡

𝜕
[𝜌 𝑢
⃗ ] + 𝛻 ∙ [𝑢
⃗𝑢
⃗ ] = −𝛻𝑝 + 𝛻 ∙ (𝑡̿)
𝜕𝑡 𝑓

𝜕
[𝜌 𝐸 ] + 𝛻 ∙ [𝑢
⃗ (𝜌𝑓 𝐸𝑓 + 𝑝)] = 𝛻 ∙ [𝑘𝑓 𝛻𝑇 + (𝑡̿ ∙ 𝑢
⃗ )]
𝜕𝑡 𝑓 𝑓

Eq. (2)
Eq. (3)
Eq. (4)

where 𝜌𝑓 is the density, 𝑢
⃗ is the velocity, 𝑝 is the static pressure, 𝑇 is the temperature, 𝑘𝑓 is the
thermal conductivity, 𝑡̿ is the stress tensor and 𝐸𝑓 is the total energy of the fluid.
And the mass and the momentum conservation equations of the porous media are (Fluent Inc.,
2006):
𝜕
[𝜀𝜌𝑓 ] + ∇[𝜀𝜌𝑓 𝑢
⃗]=0
𝜕𝑡

𝜕
[𝜀𝜌𝑓 𝑢
⃗ ] + ∇[𝜀𝜌𝑓 𝑢
⃗𝑢
⃗ ] = −𝜀∇𝑝 + ∇(𝜀𝑡̿) + 𝑆𝑖
𝜕𝑡

Eq. (5)
Eq. (6)

where 𝜀 is the porosity of the medium, 𝑆𝑖 is the source term for the momentum conservation
equation, 𝑆𝑖 consists of two parts which are the Darcy term and the Forchheimer term (Zhao and
Dang, 2016):
𝜇
𝐶2
𝑆𝑖 = − [ 𝑢
⃗ + 𝜌𝑓 |𝑢
⃗ |𝑢
⃗]
𝛼
2

Eq. (7)

where 𝛼, 𝐶2 are the permeability and the inertial resistance factor.
The energy conservation equation based on the thermal equilibrium mode is given as follow:
𝜕
[𝜀𝜌𝑓 𝐸𝑓 + (1 − 𝜀)𝜌𝑠 𝐸𝑠 ] + 𝛻 ∙ [𝑢
⃗ (𝜌𝑓 𝐸𝑓 + 𝑝)] = 𝛻 ∙ [𝑘𝑒𝑓𝑓 𝛻𝑇 + (𝑡̿ ∙ 𝑢
⃗ )]
𝜕𝑡

Eq. (8)

where 𝑘𝑒𝑓𝑓 is the effective thermal conductivity, 𝜌𝑠 is the density of the solid and 𝐸𝑠 is the total
energy of the solid.
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2.2.

Optimizations of the Dimensional and Operating Parameters

Fig. 2 shows the optimization results. The two key components of the regenerator and pulse tube
are optimized with the dimensional parameters of diameter and length. In Fig. 2 (a), it can be
observed that there exists an optimal ratio (diameter to length) for the pulse tube to obtain the largest
cooling capacities. The cooling power is more than 700 W as expected. Based on that, the radius
and the length of the pulse tube are set to be 21 mm and 72 mm, respectively. Fig. 2 (b) shows the
optimization results of the regenerator. In this section, the matrix inside the regenerator is the 400mesh stainless steel (SS) screen. Considering the design goal, the outer radius and the length of
the regenerator are set to be 42.5 mm and 52 mm, respectively.

(a)

(b)

Figure 2: Optimization results of the dimensions (a) pulse tube (b) regenerator

Fig. 3 shows the variations of cooling power with different operating frequencies and charge
pressures. It can be observed that the cooling power is largest when the operating frequency is at
around 53 Hz. And the cooling power will increase with the increasing the charge pressure. However,
the charge pressure cannot be too high. The additionally added thickness of the regenerator and
other components to ensure the mechanical strength for safety will bring more conduction loss which
will decrease the cooling power. Considering the design goal, the charge pressure is set to be 2.8
MPa. And the amplitude of the dynamic pressure can be calculated as 0.26 MPa (Dang et al., 2016).

Figure 3: Optimizations of the frequency and charge pressure

3. SIMULATION RESULTS
3.1.

Temperature Distribution and Transient Velocity Streamlines

The analysis of the temperature distribution and the transient velocity streamlines helps to
investigate the internal process, which is beneficial for the design of the flow straightener structure.
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Fig. 4 shows the temperature distribution and the streamlines inside the pulse tube. In Fig. 4 (a), the
changes of the temperature are steady. The gas piston can be easily found in the middle of the pulse
tube. The largest temperature gradient exists in the area between 14 mm and 43 mm when 𝜑 = 0.
And this part moves to the area between 31 mm and 45 mm when 𝜑 = 3𝜋/2. Fig. 4 (b) shows the
transient velocity streamlines inside the pulse tube during a cycle. Five phases are chosen to show
the typical conditions of the flow. The flow in all five phases are uniform and no vortex occurs in the
process, which indicates that the flow straightener works well.

Figure 4: Temperature contours and transient velocity streamlines inside pulse tube

Fig. 5 shows the temperature contours and transient velocity streamlines inside the regenerator. In
Fig. 5 (a), the temperature changes slightly during a cycle. But there still exists non-uniform
temperature distribution. The phenomenon occurs in the area of 25 mm to 30 mm and that of 40 mm
to 45 mm. Although the maximum temperature difference reaches 100 K, the flow inside the
regenerator is stable and no vortex occurs.

Figure 5: Temperature contours and transient velocity streamlines inside regenerator
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3.2.

Dynamic Parameters

Fig. 6 shows the dynamic pressure and the mass flow rate inside the pulse tube and regenerator.
In Fig. 6 (a), the phase shift of the mass flow rate between inlet and outlet of the pulse tube is 0.035π.
The difference of the mass flow rate amplitude between the inlet and outlet of pulse tube is 58 g/s.
The phase shift and amplitude variation of the dynamic pressure are small which can be hardly found
in the figure. It can be observed that the phase difference between the dynamic pressure and mass
flow rate at the inlet of the pulse tube is 0.07π. In Fig. 6 (b), the pressure drop along the regenerator
is 0.075 MPa. The phase shift of the dynamic pressure between inlet and outlet is 0.05π. The phase
shift of the mass flow rate between inlet and outlet is 0.14π. The difference of the mass flow rate
between inlet and outlet of the regenerator is 18.16 g/s, which is much smaller than that of the pulse
tube. And the phase difference between the mass flow rate and the pressure wave is 0.105π at the
inlet of the regenerator and 0.05π at the outlet, respectively.

(a)

(b)

Figure 6: Dynamic pressure and mass flow rate inside (a) pulse tube (b) regenerator

4. EXPERIMENTAL VERIFICATIONS
4.1.

Structure Design

(a)

(b)

Figure 7: (a) Schematic of the SPTC (b) 3D model of the SPTC

The aimed SPTC which can provide 700 W at 77 K consists of one single compressor and two
coaxial PTCFs. Fig. 7 shows a schematic and the three-dimensional (3D) model of the design. The
linear compressor and two PTCFs are connected by a Y-shaped copper tube. The two cold fingers
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have the same design, and their cold heads are attached to a heat exchanger to transfer the cooling
power to cool the liquid nitrogen. The cold fingers are put into a vacuum chamber. The hot heat
exchangers are cooled by cycling cold water.
4.2.

Experimental Results

Fig. 8 shows the experimental results. The cooling power rises with the increasing cold tip
temperature. The cooling power at 77 K reaches 700 W with an input power of 18 kW. The relative
Carnot efficiency of the SPTC is 11.3%, which is slightly lower than the theoretical one. The
experimental and tested results show the similar changing trends. The reason for limitation of the
efficiency between 80 K to 100 K may be that the match between the compressor and cold finger
changes when the working status is different.

Figure 8: SPTC test results

5. CONCLUSIONS
This paper presents the CFD modeling and experimental verification of a SPTC with a cooling
capacity of 700 W at 77 K. This SPTC consists of two coaxial cold fingers coupled with an 18 kW
linear compressor. A two-dimensional CFD model is established to investigate the flow and heat
transfer process inside the regenerator.
For the high cooling capacity, the flow straighteners become crucial to minimize the turbulence flows
in the system. The distribution of temperature in the regenerator is non-uniform due to the flow and
the gravity, which makes the optimization more difficult. In the testing, the flow straighteners are
designed in detail and the simulation results show that the flow straightener work well. No vortex
occurs in the pulse tube and thus the flows inside both regenerator and pulse tube are steady. The
gas piston inside the pulse tube is stable and its boundary is clear.
The SPTC is worked out based on the theoretical analyses. A cooling capacity of 700 W at 77 K has
been achieved experimentally with a relatively Carnot efficiency of 11.3%, slightly lower than the
simulated 13%. The experimental and simulated results show similar changing trends.
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NOMENCLATURE
C2

inertial resistance factor (m -1)

Greek symbols

E

specific energy (J kg )

α

-1

permeability (m2)
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f

operating frequency (Hz)

ε

porosity

k

thermal conductivity (W m K )

μ

viscosity (Pa s)

keff

density (kg m -3)

p

effective thermal conductivity (W m K ) Ρ
pressure (Pa)
𝜏̅̅

p0

charging pressure (Pa)

∆𝑃

amplitude of the dynamic pressure (Pa)

Subscripts

Si

moment source term (N m )

f

fluid

T

temperature (K)

s

solid matrix

t

Time (s)

u

velocity (m s-1)

-1

-1

-1

-3

-1

stress tensor (N m -2)
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ABSTRACT
This paper conducts theoretical analyses and experimental verifications of a four-stage Stirling-type
pulse tube cryocooler (SPTC) aimed at reaching 3 K for low-Tc superconducting devices and deep
space explorations. A computational fluid dynamics (CFD) model is built for the SPTC, in which the
irreversible losses in the regenerator are studied and cooling performances simulated. The entropy
generations caused by three types of losses including pressure drop, axial heat conduction and
ineffective heat transfer are calculated quantificationally and the distributions of them are presented.
The four-stage SPTC is then worked out and tested. The experimental results indicate that, by
using He-4 and He-3, it reaches no-load temperatures of 4.2 K and 3.5 K, respectively. The SPTC is
expected to reach 3 K by matching with a larger capacity compressor.
Keywords: Four-stage Stirling-type Pulse Tube Cryocooler, CFD Model, Regenerator Losses,
Theoretical Analyses, Experimental Verifications.

1. INTRODUCTION
The Stirling-type pulse tube cryocooler (SPTC), driven by the linear compressor with flexure springs
and clearance seal, has distinct advantages in high reliability, low vibration and long life, and thus
plays an important role in many special fields including aerospace, military defense and
superconducting, etc. At present, single-stage SPTCs have already been widely used in practical
applications at above 25 K, and two-stage ones with cooling powers at both stages, normally
varying between 20 K and 180 K, are also becoming mature (Ross Jr, 2006; Dang, 2015; Tan and
Dang, 2017). In recent years, three-stage SPTCs were developed to provide cooling at below 20 K
(Gao et al., 2017; Dang et al., 2018a; Dang et al., 2018b).
The four-stage SPTC, which is developed based on the three-stage one, is a promising cryocooler
candidate for directly reaching 3.0 K or even below used for cooling low-Tc superconducting devices
and deep space explorations. It is more robust and reliable than hybrid systems in which a
multi-stage SPTC or Stirling cooler is coupled to a Joule-Thomson (J-T) cooler because it
eliminates the troublesome components: the J-T valve and the moving displacer.
So far, the feasibility of developing a long-life four-stage SPTC for space applications has been
studied. Olson et al. (2006) developed a four-stage SPTC to provide coolings at 6 K and 18 K for
Mid-Infrared Instrument (MIRI) in James Webb Space Telescope (JWST). Nast et al. (2007) built a
four-stage SPTC for HYPRES cooling requirements which reached a no-load temperature of 3 K.
The previous studies focused on structure design, practical manufacture and performance
optimization, whereas the in-deep theoretical analyses of the inner process and operating
mechanism are rarely conducted. The four-stage SPTC cold finger (CF) has much more
complicated physical structure and operating mechanism than those of single-, two- or three-stage
ones. First, the staging configurations of the four-stage CF lead to difficulties in structure design and
matching with compressors. Second, the irreversible losses in regenerators at much lower
temperatures deteriorate the cooling performance dramatically. Third, the phase characteristics in
different regenerators are complex, especially in the fourth stage.
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This paper will establish a 2-D axis-symmetric CFD model for the four-stage CF in which the
irreversible losses and phase characteristics in the regenerator will be simulated and analyzed in
depth. The effects of precooling temperatures and operating parameters on the three types of
regenerator losses including pressure drop, axial heat conduction and ineffective heat transfer will
be discussed. A four-stage thermally-coupled SPTC will then be developed to verify the above
theoretical studies. The simulated and experimental results will be compared and discussed in
detail.

2. THEORETICAL ANALYSES
2.1.

CFD model

The 2-D axis-symmetric geometry of the fourth stage is shown in Fig. 1. The regenerator has four
segmented parts packed with #400 stainless steel (SS) meshes, #500 SS meshes, #600 SS
meshes and rare-earth spherical materials, respectively. Table 1 gives the geometric dimensions
and boundary conditions of the components.
Table 1. Geometrical dimensions and boundary conditions of the components.

Component
Aftercooler
Reg I
Reg II
Reg III
Reg IV
CHX
Pulse tube
WHX
PHX I
PHX II
PHX III
Inertance tube I
Inertance tube II
Gas reservoir

Diameter (mm)
14
14
12
12
12
8
8
12
12
12
3
4
30

Length (mm)
5
36
28
28
36
5
80
5
5
5
5
320
1260
55

Boundary condition (K)
300 K
Adiabatic
Adiabatic
Adiabatic
Adiabatic
Adiabatic
Adiabatic
Variable
Variable
Variable
Variable
Variable
Variable
Variable

Figure 1: 2-D model for the fourth stage CF.

2.2.

Irreversible losses in the regenerator

In the thermal non-equilibrium mode, three types of irreversible losses in the regenerator including
axial heat conduction, pressure drop and ineffective heat transfer between fluid and solid are
considered, which can be calculated by (Gao and Dang, 2016):
̇ 〉=
d〈𝑆hc

[(1 − 𝜀)𝑘s + 𝜀𝑘f ]𝐴r d𝑇 2
( ) d𝑥
𝑇2
d𝑥
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𝑚̇𝑍𝑅
d𝑝
𝑝
(𝑇 − 𝑇s )2
̇ 〉 = ℎfs 𝐴fs f
d〈𝑆ht
d𝑥
𝑇f 𝑇s
̇ 〉=−
d〈𝑆pd

Eq. (2)
Eq. (3)

where d〈Ṡhc 〉 d〈Ṡpd 〉 and d〈Ṡht 〉 are the entropy generations caused by axial heat conduction,
pressure drop and ineffective heat transfer, respectively. hfs and Afs are the heat transfer
coefficient and the effective heat exchange area between fluid and solid, which can be calculated by
(Kays and London, 1984; Arp and Radebaugh, 1987):
ℎfs =

𝑌𝜇𝐶p Re

Eq. (4)

Pr 2/3

𝑑h
4(1 − 𝜀)𝐴r
𝐴fs = −
𝑑w

Eq. (5)

The dimensionless parameter Y are determined empirically for different geometries and Reynolds
numbers (Arp and Radebaugh, 1987; Gao and Dang, 2016). For the woven screen meshes,

𝑌 = 0.715Re−0.43 [5.6 + (13.928𝜀 − 16.363)𝜀]

Eq. (6)

For the spherical particles,
𝑌 = 0.23Re−0.30 [1.0 + 0.7772(0.38 − 𝜀)]

Eq. (7)

Fig. 2 shows the distributions of three regenerator losses per unit length in each segment of the
regenerator. The pressure drop loss accounts for the main part in Reg Ⅰ and Reg Ⅱ (more than
80%) and reduces slightly in Reg Ⅲ. But in Reg Ⅳ, it becomes larger than that in Reg Ⅲ. This is
because the porosity of HoCu2 is much smaller than that of SS meshes. The heat transfer loss is a
negligible portion of the total losses in Reg Ⅰ and Reg Ⅱ, and it increases sharply near the right
end of Reg Ⅲ. In Reg Ⅳ, the heat transfer loss first increases and then decreases, which accounts
for 45% of the gross losses. The values near the left end of Reg Ⅳ are smaller than those near the
right end of Reg Ⅲ, which means the efficiency of heat transfer between matrix and fluid is
effectively enhanced by using HoCu2. The heat conduction loss accounts for a small part in Reg Ⅰ
and Reg Ⅱ (around 15%, larger than the heat transfer loss) but turns to be negligible in Reg Ⅲ and
Reg Ⅳ (less than 5%).

Figure 2: Distributions of regenerator losses with precooling temperatures of 90 K, 45 K and 15 K.
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As shown in Fig. 3, the three precooling temperatures change from 90 K, 45 K and 15 K to 120 K,
60 K and 25 K, respectively. The pressure drop loss increases apparently in the whole regenerator.
The heat conduction loss increases in Reg Ⅰ and Reg Ⅱ, and basically remains unchanged in Reg
Ⅲ and Reg Ⅳ. The heat transfer loss keeps unchanged in Reg Ⅰ and Reg Ⅱ, but decreases in
Reg Ⅲ and Reg Ⅳ. These results indicate that, with fixed geometries and matrices of the
regenerator, lower precooling temperatures can significantly reduce both the pressure drop loss and
the heat conduction loss but may result in the increase of heat transfer loss in Reg Ⅲ and Reg Ⅳ.

Figure 3: Distributions of regenerator losses with precooling temperatures of 120 K, 60 K and 25 K.

To reduce the heat transfer loss in the regenerator, mixed matrices of Er 3Ni and HoCu2 can be
applied in Reg Ⅳ. Er3Ni is packed near the left end (warm end) while HoCu2 near the right end (cold
end), as shown in Fig. 4. In Reg Ⅳ, the pressure drop loss and the heat conduction loss almost
keep unchanged, while the heat transfer loss decreases from 9.1 mW×K-1 (in Fig. 2) to 7.3 mW×K-1
dramatically. These phenomena are probably due to the difference of thermal capacities between
Er3Ni and HoCu2. The thermal capacity of Er3Ni is larger than that of HoCu2 when the temperature is
above 8 K, approximately (Dang et al, 2018a). Thus, Er3Ni is suitable for matrix at relatively higher
temperature which causes smaller heat transfer loss than those of HoCu2.

Figure 4: Distributions of three regenerator losses with mixed matrices in Reg Ⅳ.

Fig. 5 shows variations of the entropy generation in Reg Ⅳ and cooling capacity at 5 K with the ratio
of L4−1 and L4 , where L4 is the length of Reg Ⅳ and L4−1 stands for the length of Er 3Ni.
Obviously, the heat transfer loss is reduced by using mixed matrices than by only either Er3Ni or
HoCu2. When the ratio is 0.6, the heat transfer loss gets the smallest value of 7.3 mW×K-1 and the
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cooling capacity at 5 K becomes the largest. Fig. 6 shows the effects of both operating frequency
and charge pressure on the cooling performance. When the operating frequency is around 32 Hz,
the cold end achieves the largest cooling capacity at 5 K. In addition, a larger charge pressure will
lead to a larger cooling capacity at 5 K. For example, when the operating frequency is 32 Hz and the
charge pressures are 1.0 MPa, 1.2 MPa and 1.4 MPa, the cooling capacities are 23 mW, 27 mW
and 34 mW, respectively.

Figure 5: Variations of heat transfer loss in Reg Ⅳ

Figure 6: Variations of cooling capacity at 5 K

and cooling capacity at 5 K with 𝑳𝟒−𝟏 /𝑳𝟒 .

with operating frequency.

3. EXPERIMENTAL RESULTS
To verify the validity of the above results, a four-stage thermally-coupled SPTC is developed and
tested. The configuration of the SPTC is shown in Fig. 7 and the experimental setups are presented
in Fig. 8. The first two stages are driven by one compressor and the last two stages by the other one.
The experimental operating parameters of each stage are shown in Table 2.

Figure 7: Configuration of the SPTC.

Conditions
1st stage
2nd stage
3rd stage
4th stage

Figure 8: Experimental setups.

Table 2. Experimental operating parameters of each stage.

Operating
frequency
57 Hz
57 Hz
32 Hz
32 Hz

Charge
pressure
3.2 MPa
3.2 MPa
1.2 MPa
1.2 MPa

Reject
temperature
300 K
300 K
300 K
300 K

Phase-shifter
temperature
300 K
300 K
60 K
30 K
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Fig. 9 shows the cool-down curves of the four stages. The no-load temperatures of the four stages
are 82.4 K, 48.0 K, 16.5 K and 4.2 K, respectively, with He-4 as working fluid. The 4th stage also
gains a cooling capacity of 12 mW at 5 K, with an electric input power of 450 W. Fig. 10 shows the
variations of the 4th stage no-load temperature with operating frequency. The lowest temperature
occurs at 32 Hz with He-4 and at 31 Hz with He-3, respectively. The optimal frequency is basically in
keeping with the simulated results. While using He-3, the lowest temperature of the 4th stage is 3.5
K. The SPTC has the potential to reach 3 K when a larger capacity compressor is employed to drive
the last two stages.

Figure 9: Cool-down curves.

Figure 10: Cooling performance.

4. CONCLUSIONS
This paper conducts theoretical and experimental investigations on a four-stage SPTC aimed to
reach 3 K for low-Tc superconducting devices and deep space explorations. A 2-D axis-symmetric
CFD model is set up to study the irreversible losses in the regenerator. The pressure drop loss
accounts for the main part of gross losses in the first three segments of the regenerator. The heat
transfer loss increases rapidly in Reg Ⅳ which accounts for around 45%. Mixed matrices consist of
Er3Ni and HoCu2 are proved to be effective to reduce the heat transfer loss in Reg Ⅳ. The optimal
ratio between them is 3:2.
A four-stage SPTC is then worked out based on the above theoretical studies, which experimentally
reaches no-load temperatures of 82.4 K, 48.0 K, 16.5 K and 4.2 K with He-4. When using He-3, the
no-load temperature of the fourth stage reduces to 3.5 K. The total electric input power is 450 W.
The four-stage SPTC is expected to reach 3 K by using a larger capacity compressor to drive the
last two stages.
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NOMENCLATURE
Afs
Ar
Cp
dh
f
hfs

effective heat exchange area
between fluid and solid (m 2)
cross-sectional area of regenerator
(m 2)
heat capacity (J×kg-1×K-1)
hydraulic diameter of matrix (m)
frequency (Hz)
convective heat transfer coefficient

Re
Reg
Ṡhc
Ṡht
Ṡpd
t
T
Tf

Reynolds number
regenerator
entropy generation of heat conduction (J×K-1)
entropy generation of heat transfer (J×K-1)
entropy generation of pressure drop (J×K-1)
time (s)
temperature (K)
temperature of fluid (K)
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kf
ks
L4
L4−1
ṁ
p
pa
∆p
Pr
R

(W×m -2×K-1)
thermal conductivity of fluid
(W×m -1×K-1)
thermal conductivity of solid
(W×m -1×K-1)
length of Reg Ⅳ (mm)
length of Er3Ni in Reg Ⅳ (mm)
mass flow rate (kg×s-1)
dynamic pressure (Pa)
average pressure (Pa)
pressure amplitude (Pa)
Prandtl number
gas constant (J×kg-1×K-1)

Ts
Tc1
Tc2
Tc3
Tc4
Tps
X
Y
Z

temperature of solid (K)
temperature of 1st stage cold end (K)
temperature of 2nd stage cold end (K)
temperature of 3rd stage cold end (K)
temperature of 4th stage cold end (K)
phase-shifter temperature (K)
position in different components (mm)
dimensionless parameter of flow
compressibility factor

Greeks
ε
porosity of regenerator matrix
μ viscosity of fluid (Pa×s)
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ABSTRACT
This paper conducts theoretical and experimental investigations on a three-stage gas-coupled
Stirling-type pulse tube cryocooler (SPTC). A two-dimensional computational fluid dynamics (CFD)
model is established in which the interactions between compressor and cold finger (CF) are
analyzed and the distributions of PV power simulated as well. The effects of operating frequency
and charge pressure on the performances of both compressor and CF are modeled in detail. Based
on the above theoretical studies, a three-stage gas-coupled SPTC is then worked out and tested.
The experimental results show that it reaches a no-load temperature of 4.5 K. The electric input
power and the motor efficiency of the compressor are 320 W and 81.5%, respectively. When using
He-3, the no-load temperature reduces further to 4.0 K. Finally, the SPTC prototype shows great
potential for 4-10 K space applications due to its compact configuration, high reliability, low vibration
and high cooling efficiency.
Keywords: Three-Stage Stirling-type Pulse Tube Cryocooler, Gas-Coupled, CFD Model, PV Power,
Theoretical and Experimental Investigations.

1. INTRODUCTION
The Stirling-type pulse tube cryocooler (SPTC), driven by the linear compressor based on
clearance seal and flexure springs, achieves high reliability and long operation time at both warm
and cold ends, and thus has a strong appeal to many special fields such as aerospace, military
defense and superconducting, etc. (Radebaugh, 2000; Ross Jr, 2006; Dang, 2015). In recent years,
the development of the SPTCs working in the temperature range of 4‒10 K are drawing interest due
to their potential applications in deep space exploration and low-Tc superconducting application.
(Gao et al., 2016; Gao et al., 2017; Dang et al., 2017; Dang et al., 2018a; Dang et al., 2018b).
In practice, for a SPTC, to achieve the effective cooling capacity at 10 K or below usually needs a
three-stage arrangement, for which two typical coupling methods, namely, thermally-coupled and
gas-coupled, are often employed. The thermally-coupled arrangement is simple to design the
configuration and easy to control the internal flow as well. However, the indispensable thermal
straps often introduce considerable irreversible losses and also lead to a complicated system. By
contrast, the gas-coupled arrangement eliminates all the external thermal links between stages and
thus avoids the potential irreversible losses, which might result in a more compact configuration and
a higher cooling efficiency as well. Comparing with the four-stage SPTC developed by the same
authors, the three-stage one is mainly for 4-10 K space uses such as long-wave Infrared
instruments due to its compactness and high-reliability, while the other one is capable of providing a
cooling at below 4 K for single-photon detectors or simultaneous coolings at four temperatures for
hybrid optical systems.
In practice, despite the above definite advantages, the application of the gas-coupled multi-stage
SPTC is rare, partly due to the great challenge to the considerable complexity of the internal flow in
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a gas-coupled multi-stage SPTC system. First, the phase characteristics in the CF become much
more complicated due to the branch flows among stages. Second, the distributions of PV power into
each stage are hard to control. Third, the matching mechanisms between compressor and CF also
becomes more complex, which result in great difficulties in determining the operating parameters
such as charge pressure and operating frequency.
This paper aims to establish a CFD model for the three-stage gas-coupled SPTC, in which the
interactions between compressor and CF will be analyzed and flow conditions in the CF simulated
as well. The distributions of PV power into each stage will be studied quantitatively and the optimal
operating parameters determined. A three-stage gas-coupled SPTC prototype and corresponding
experimental results will be presented to provide detailed verifications for the theoretical studies.

2. THEORETICAL ANALYSES
2.1.

Interactions between the CF and the Compressor

In the compression space, to simplify the analyses, the motion of the piston is assumed to be
sinusoidal and then the basic parameters can be written as:
𝑥 = 𝑋sin𝜔𝑡
̇
𝑈out = 𝐴p 𝜔𝑋cos𝜔𝑡 = 𝜔𝑉s cos𝜔𝑡
𝑝out = 𝑃𝑎 + ∆𝑃cos(𝜔𝑡 − 𝜃out )

Eq. (1)
Eq. (2)
Eq. (3)

For the linear motor, by neglecting the influence of the back pressure, the force balance is shown as
(Dang et al., 2016):
𝐿𝐵𝐼 = 𝑚

d2 𝑥
d𝑥
+ 𝐶d
+ 𝑘𝑥 + [∆𝑃cos(𝜔𝑡 − 𝜃out )]𝐴p
2
d𝑡
d𝑡

Eq. (4)

where the left part of the equation is the electromagnetic force, and the four terms in the right part
stand for inertia force, viscous force, mechanical spring force and gas force, respectively.
Substituting Eqs. (1)-(3) into Eq. (4), the motor current becomes:
∆𝑃𝐴p
𝑋
[(𝑘 − 𝑚𝜔2 ) sin 𝜔𝑡 + 𝐶d 𝜔cos𝜔𝑡] +
cos(𝜔𝑡 − 𝜃out )
𝐵𝐿
𝐵𝐿
𝑋𝑘 − 𝑋𝑚𝜔2 + ∆𝑃𝐴p sin𝜃out
𝑋𝐶d 𝜔 + ∆𝑃𝐴p cos𝜃out
=
sin 𝜔𝑡 +
cos𝜔𝑡
𝐵𝐿
𝐵𝐿
𝐼=

Eq. (5)

To simplify the calculation, assuming a and b are:
𝑋𝑘 − 𝑋𝑚𝜔2 + ∆𝑃𝐴p sin𝜃out
𝐵𝐿
𝑋𝐶d 𝜔 + ∆𝑃𝐴p cos𝜃out
𝑏=
𝐵𝐿

𝑎=

Eq. (6)
Eq. (7)

Then the motor current can be expressed as:
𝐼 = 𝑎sin 𝜔𝑡 + 𝑏cos𝜔𝑡

Eq. (8)

The motor voltage can be calculated by:
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𝑈 = 𝐿e

d𝐼
d𝑥
+ 𝑅e 𝐼 + 𝐵𝐿
d𝑡
d𝑡

Eq. (9)

Then, the time-averaged electric power, PV power and Joule loss of the compressor can be
expressed as:
2𝜋/𝜔

𝑊̇e = 2 × 𝑓 ∫

𝑈𝐼d𝑡 = 𝑅e (𝑎2 + 𝑏 2 ) + 𝜔𝐵𝐿𝑋𝑏

Eq. (10)

0
2𝜋/𝜔

𝑊̇pv = 2 × 𝑓 ∫

𝑝𝑈̇d𝑡 = 𝜔𝑉s ∆𝑃cos𝜃

0
2𝜋/𝜔

𝑄̇ J = 2 × 𝑓 ∫

𝐼 2 𝑅e d𝑡 = 𝑅e (𝑎2 + 𝑏 2 )

Eq. (11)
Eq. (12)

0

Because of the dual-opposed configuration of the compressor, the electric power, PV power and
Joule loss should be doubled. Then the PV power efficiency and the motor efficiency can be
expressed as:
𝜂motor =

𝑊̇e − 𝑄̇ J
𝜔𝐵𝐿𝑋𝑏
=
𝑅e (𝑎2 + 𝑏 2 ) + 𝜔𝐵𝐿𝑋𝑏
𝑊̇e

Eq. (13)

So far, the interactions between the compressor and the PTCF have been established.
2.2.

CFD Modeling

To improve the modeling accuracy, a 2-D CFD model for the three-stage gas-coupled PTCF is
established, as shown in Fig. 1. The main geometries of the PTCF are shown in Table 1. The
regenerator has three segments, in which the first two ones are packed with #400 stainless steel
(SS) meshes and #500 SS meshes, successively, and the last one with mixed spherical particles of
Er3Ni and HoCu2. The compressor is simplified as a moving piston. The initial values of charge
pressure, amplitude of the piston displacement and operating frequency will be assigned in
advance.

Figure 1: Schematic of the three-stage gas-coupled SPTC.
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Table 1. Geometrical dimensions and boundary conditions of the components.

Component

Diameter (mm)

Length (mm)

Boundary condition (K)

Aftercooler

37

6

300 K

1st regenerator

37

69

Adiabatic

1st pulse tube

13

64

Adiabatic

st

1 inertance tube

2.6

2970

Adiabatic

2nd regenerator

20

47

Adiabatic

2nd pulse tube

10

56

Adiabatic

2nd inertance tube

3.2

3130

45 K

3rd regenerator

14

39

Adiabatic

3 pulse tube

6

65

Adiabatic

3rd inertance tube

1.7

1320

30 K

rd

(a)

(b)

(c)
Figure 2: Volume flow rates and dynamic pressures at (a) face 1, (b) face 2 and (c) face 3.

2.3.

Discussions on Simulated Results

Figure 2 gives the simulated results of volume flow rates and dynamic pressures at face 1, face 2
and face 3 shown in Fig. 1. When the fluid flows from face 1 to face 3, the volume flow rate first
decreases from 9.28×10-4 m3×s-1 to 4.85×10-4 m3×s-1 and then to 1.74×10-4 m3×s-1, while the
dynamic pressure from 3.08×105 Pa to 2.35×105 Pa and then to 1.34×105 Pa. The phase
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differences at the three faces are 38.2°, 29.2° and 34.5°, respectively.
The PV power of each stage can be calculated according to Eq. (10). It should be noted that the PV
power at face 2 are not the one of the 2nd stage but the one subtracting that of the 3rd stage. Figure 3
presents the variations of PV powers with operating frequency. When the operating frequency
increases from 20 Hz to 50 Hz, the gross PV power rises from 180 W to 320 W. The PV powers of
the 1st and the 2nd stage also show increasing trends but the one of the 3rd stage first increases and
then decreases. Its largest PV power is 58 W at 35 Hz.
Fig. 4 shows variations of electric power and motor efficiency of the compressor with operating
frequency and charge pressure. Two following important phenomena can be observed. First, with a
certain charge pressure, the gross electric input power increases with the operating frequency but
very slowly beyond 40 Hz. In addition, the motor efficiency reaches the maximum value near 40 Hz.
Second, a higher charge pressure can lead to a larger electric power and a lower motor efficiency.
This is probably due to that a lower charge pressure can efficiently modify the phase conditions,
especially in the third stage, and then enhance the compressor performance.

Figure 3: Variations of PV powers with operating

Figure 4: Variations of electric powers and motor

frequency.

efficiencies with operating frequency.

The effects of operating frequency and charge pressure on the cooling performance of each stage
are also simulated, as shown in Fig. 5. In the first two stages, the no-load temperatures decrease
with the increase of operating frequency. A higher charge pressure also results in the better cooling
performance. But in the 3rd stage, the lower charge pressure, the better. The lowest temperature
occurs at 35 Hz. It is about 4.3 K with the charge pressure of 2.0 MPa, and 4.25 K with 2.5 MPa.

(a)

(b)
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(c)
Figure 5: Variations of no-load temperatures with operating frequency and charge pressure. (a)
1st stage; (b) 2nd stage; (c) 3rd stage.

3. EXPERIMENTAL VERIFICATIONS
Based on the above studies, a three-stage gas-coupled SPTC is then worked out and tested. The
configuration of the SPTC is shown in Fig. 6. It is driven by one single linear compressor. Fig. 7
shows the experimental setups.

Figure 6: Configuration of the three-stage

Figure 7: Experimental setups of the three-stage SPTC.

SPTC.

The cool-down curves of the SPTC are shown in Fig. 8. The no-load temperatures of the three
stages are 65.5 K, 29.6 K and 4.5 K, respectively. The third stage can also gain a cooling power of
45 mW at 6 K. Accordingly, the charge pressure is 2.5 MPa, the operating frequency is 35 Hz, and
the electric input power is 320 W. The third stage has already worked at below the critical
temperature of He-4, which might lead to flexible flow and heat transfer characteristics near the cold
end and result in irreversible losses. Thus, He-3 is used to improve the cooling performance of the
SPTC. According to the results, a lower temperature of 4.0 K is reached under the same working
conditions.
The performance of the compressor is tested, as shown in Fig. 9. When the operating frequency
increases from 30 Hz to 40 Hz, the electric power increases from 289 W to 336 W. The highest
motor efficiency is 81.5% when the operating frequency is around 35 Hz.
With one single compressor and a gas-coupled configuration, the SPTC prototype has significant
advantages such as compact configuration, high reliability, low vibration and high cooling efficiency
and thus shows great potential for 4-10 K space applications.
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Figure 8: Cool-down curves.

Figure 9: Compressor performance.

4. CONCLUSIONS
This paper establishes a CFD model for the three-stage gas-coupled SPTC. The interactions
between the compressor and the CF are established by analyzing the dynamic characteristics in the
compression volume. The force balance of the piston is studied, and equations of PV power, electric
power and motor efficiency are deducted. The distributions of PV power into each stage are
analyzed quantitatively and the cooling performance simulated as well. The optimal operating
parameters including charge pressure and operating frequency are determined in this model.
A three-stage gas-coupled SPTC is worked out and tested. No-load temperatures of 65.5 K, 29.6 K
and 4.5 K are reached for the three stages, respectively, with an electric input power of 320 W. The
cooling power at 6 K is 45 mW. The compressor also achieves a satisfactory motor efficiency of
81.5%. When using He-3, the no-load temperature of the 3rd stage reduces further to 4.0 K.
In view of the obvious advantages such as a single driver, compactness, high reliability and high
cooling efficiency, the gas-coupled SPTC has great potential for 4-10 K space applications.
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NOMENCLATURE
Ap
B
Cd
dp
f
I
k
L
Le
m
p
Pa
∆P
Q̇ J
Re
t

area of piston surface (m2)
magnetic field intensity (T)
mechanical damp coefficient
diameter of piston surface (m)
operating frequency (Hz)
current (A)
axial stiffness of flexure springs (N×m-1)
length of coil wire (m)
inductance of coil wire (H)
mass of moving part (kg)
dynamic pressure (Pa)
charge pressure (Pa)
amplitude of dynamic pressure (Pa)
Joule loss (W)
resistance of coil wire (Ω)
time (s)

T
Tps
U̇
U
Vs
We
WPV
x
X
Greeks

θ

ω
ηmotor

temperature (K)
temperature of phase-shifter (K)
volume flow rate (m3×s-1)
voltage (V)
swept volume (m3)
electric power (W)
PV power (W)
piston displacement (m)
piston stroke (m)
phase difference between dynamic
pressure and volume flow rate
angular frequency
motor efficiency
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ABSTRACT
Coil-wound heat exchangers are widely applied in natural gas liquefiers, but existing heat transfer
coefficient correlations are constrained and inaccurate, which leads to overdimension of heat
exchangers. Calculation and comparison of correlations for heat transfer coefficient for boiling in
shell-side of hydrocarbon mixture are made. Authors developed test installation and test section for
measuring heat transfer coefficient for boiling in shell-side of hydrocarbon mixture with various
composition, mass flux, temperature and pressure.
Keywords: Azeotropic mixture, Boiling, LNG, Shell.

1. INTRODUCTION
Heat transferring processes between flows with different temperatures occur in heat exchangers.
These processes are conformed by common patterns of thermodynamics and heat and mass
transfer, but at low working temperatures few factors take place which should be considered in
designing compact and effective apparatus.
Spiral wound heat exchangers (SWHE) are widely used for cryogenic applications. The reason for
this is high compactness and effectiveness, heat transfer coefficient is 1.5-2 times higher than for
tube-and-shell heat exchangers. These advantages precipitate for applying spiral-wound heat
exchangers in LNG production.
Base load LNG plants are characterized in that relative footprint of heat exchanging equipment is
higher than for other types of plants. It is considered that tendency of LNG plant’s capacity growing
will be inhibited by manufacturing complexity of the main cryogenic heat exchanger.
SWHE is applied as the main heat exchanger in 90% of existing LNG plants according to Ding et al.
(2017). Additional advantages of SWHE in reference to LNG plants designing are robustness,
possibility to work with fluids with rapidly changing pressures and temperatures, mechanical
durability, no tough requirements for product flow treatment, ease of single unit production. Also,
there is technological possibility to place all heat exchangers in a single shell.
Heat exchangers are the main elements of any cryogenic system, especially in natural gas
liquefaction plants working on mixed refrigerant technology. According to Narasimhan and
Venkatarathnam (2010), the most part of exergy losses, shown on Fig. 1, occur in the main heat
exchanger. Entropy-statistical analysis by Arkharov and Semenov (2016), Arkharov et al. (2016a)
and Arkharov et al. (2016b) prove meaningful energy “waste” in heat exchanging equipment.
Commonly, technology based on mixed refrigerant cycle is applied for liquefaction of natural gas.
Special characteristic of this cycle is presence of multi-flow heat exchanger, at least three flows: first
for natural gas, second for mixed refrigerant high pressure flow, third for mixed refrigerant low
pressure flow. Natural gas and mixed refrigerant high pressure flows are cooled by return low
pressure flow of mixed refrigerant, which is boiling in the shell-side, while natural gas and low
pressure mixed refrigerant flows, usually in-tube flows, are cooled and condensed.
Problem of calculation of heat transfer coefficient of in-tube condensation process for hydrocarbon
zeotropic mixtures is described by Samokhvalov et al. (2018), it consists inadaptability of pure fluids
model to calculate mixed refrigerant and natural gas condensation heat transfer coefficient. The
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process comes with fluctuations of component concentrations and different temperatures at the
boundary and at the vapour core.
The similar problems are obtained for boiling process of mixed refrigerant, limited number of
experiments for boiling of hydrocarbon mixtures in shell-side of SWHE prevent from development of
a valid designing method.
Useful effect
30%
Main heat
exchanger
39%
Precooling HE
10%
J-T valve
4%

Compressor
17%

Figure 1: Exergy losses in base load LNG plant.

2. THEORETICAL MODELS
Theoretical models which are based on experimental data for boiling of hydrocarbon mixed
refrigerant in the shell-side of SWHE are observed. They include equations based on data acquired
by Fredheim et al. (2000), Neeraas et al. (2004) and Hu et al. (2019).
Measurements of heat transfer coefficient by Fredheim et al. (2000) and Neeraas et al. (2004) were
carried out on the same test facility. The test section represents model of SWHE with three zones:
stabilization zone, isothermal zone and electrically heated zone. The heating elements are placed
inside tubes in the heated zone; temperature transmitters are located on the walls of the tubes.
Measurements were made for regimes with Re-number in range from 500-8000 for different
hydrocarbon and nitrogen mixtures, detailed parameters are shown in Table 1.
Suggested equation, based on the method from Bays and McAdams (1937), for heat transfer
coefficient in dimensionless form for falling film flow in the shell-side of SWHE is presented in Eq.1:
)

.

𝑁𝑢# = 𝑎& ∙ (+ * - ∙ (𝑅𝑒# )3 ∙ 𝑃𝑟#)
,

Eq. (1)

where 𝑑7 is tube diameter in m; 𝛿. is reference film thickness in m; 𝑅𝑒# is Reynolds number for liquid;
𝑃𝑟# is Prandtl number for liquid.
For 𝑅𝑒# ≤ 2000 constants 𝑎& , 𝑏, 𝑐, 𝑑 are taken from Bennett et al. (1986), for 𝑅𝑒# > 2000 new
constants are given to fit measured data of heat transfer for hydrocarbon mixture in Bays and
McAdams (1937) equation. The agreement between measuring and calculation within ±15% with
measuring accuracy between ±5 and30%.
Hu et al. (2019) studied flow patterns of boiling film flow and heat transfer coefficient depending on
ethane-propane mixture composition; influence of vapour quality on heat transfer and influence of
mass flux on heat transfer. The goal of the research was the development of new correlation for
calculation of heat transfer coefficient of boiling mixed hydrocarbon refrigerant in shell-side of SWHE.
The correlation is based on Ding et al. (2017) equation (Eq. 2) which was developed for pure
propane.
𝛼 = 𝐸 ∙ 𝛼.BC + 𝑆 ∙ 𝛼3BF#

Eq. (2)

Hu et al. (2019) fitted coefficients 𝐸 and 𝑆 (Eq. 3 and Eq. 4) for convective and nucleate boiling heat
transfer coefficients for hydrocarbon mixed refrigerant. These modified parameters reflect
composition shift effect and changing of thermophysical properties of the refrigerant during boiling
process. In addition, Prandtl number for liquid is introduced to take into account molar composition
of the mixture.
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𝐸 = 1 + 𝑎& ∙ (𝜑I )JK ∙ (𝑅𝑒# )JL ∙ (𝑃𝑟# )JM

Eq. (3)

where 𝜑 is two-phase frictional factor.
𝑆 = 𝑏& ∙ (𝑊𝑒# )3K ∙ (𝐵𝑜# )3L ∙ (𝑃𝑟# )3M

Eq. (4)

where 𝑊𝑒# is Webb number; 𝐵𝑜# is Boiling number.
Coefficients 𝑎& , 𝑎I , 𝑎R , 𝑎S and 𝑏& , 𝑏I , 𝑏R , 𝑏S were found by using nonlinear programming solutions. The
correlation agrees with 96% of experimental data within a deviation of ±25%. Parameters of the
experiments are shown in Table 1.
Table 1. Operational conditions of the experiments

Method
Fredheim et
al. (2000),

Composition
(Mole %)
C1/C2 (45/55)
C3/C2 (90/10)
C3/C2 (85/15)

n-C4/C2 (85/15)

Neeraas et
al. (2004),

Hu et al.
(2019)

n-C4/C2 (70/30)
n-C4/C2/C1
(80.7/14.3/5.0)
n-C4/C2/C1
(65.2/15.4/19.4)
n-C4/C2/C1/N2
(62.6/14.8/18.6/4.0)
C3/C2 (90/10)
C3/C2 (85/15)
n-C4/C4 (70/30)
C2/C1 (59/41)
C3/C2 (90/10)
C3/C2 (70/30)
C3/C2 (40/60)

Mass flux, Heat flux, Vapour Pressure,
kg·m-2·s-1 kW·m-2
quality
bar
49-76
<10
0.1-0.89
3.0-6.0
<10
36-97
0-0.83
2.2-3.9
<10
36-87
0.05-0.94
1.7-4.7
<10
45-71
0.07-0.93
1.5-2.5
<10
43-84
0.05-0.91
2.0-4.0
<10
45-69
0.09-0.87
1.7-3.0
44-70
46-84
35-98
36-89
45-85
15-96
40-80
40-80
40-80

<10
<10
<10
<10
<10
<10
6-10
6-10
6-10

Temperature,
°C
-125..-96
-30..-12
-41..-10
-25..-2
-34..-3
-44..-10

0.07-0.93

2.5-5.0

-117..-46

0.08-0.92

2.5-5.2

-122..-63

-

2.2-3.6
3.6-3.8
2.0-4.0

-30..-15
-19..-17
-37..-5

0.2-0.9
0.2-0.9
0.2-0.9

2.0-4.0
0.25
0.25
0.25

-134..-105
-

Described methods of calculating heat transfer coefficient of boiling hydrocarbon mixed refrigerant
in shell-side of SWHE are based on different equations. First correlation has its origin from equation
for falling film flow which includes only convective heat transfer constituent. Whilst the agreement for
this correlation is better than for the second one, despite of adding coefficients for composition shift
and boiling heat transfer additive.

3. RESULTS AND DISCUSSION
Calculation of the heat transfer coefficient is made for conditions mentioned by Samokhvalov et al.
(2018) and Smorodin and Parshin (2018) are shown in Table 2. Thermodynamic properties are
calculated by Peng-Robinson equation of state.

Table 2. Parameters of the numerical simulation
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Parameter
Pressure (bar)

Value
n-C4/C3/C2/C1/N2
(37.3/0.1/24.6/32.8/5.2)
3.0

Mass flux (kg·m-2·s-1)
Heat flux (kW·m-2)

40, 80
6.0

Vapour quality

0.06-0.96

Temperature (°C)
Outer tube diameter (m)

-147..0
0.012

Winding angle (°)
Core diameter (m)
Shell diameter (m)
Number of layers

4
0.12
0.15
2

Tube surface roughness (μm)

1.5

Composition (mole %)

Heat transfer coefficients are defined for mass fluxes values of 40 kg·m-2·s-1 and 80 kg·m-2·s-1 (Fig.
2). As a result, correlations of Hu et al. (2019) and Neeraas et al. (2004) have similar results for high
Reynolds numbers for vapour quality from 0.05 to 0.75. As for lower mass flows values and greater
vapour quality methods have the divergence about 30%.
Authors suggest carrying out additional experiments to investigate heat transfer coefficient of boiling
hydrocarbon mixed refrigerant in shell-side of SWHE for mass fluxes from 40 kg·m-2·s-1 to 60 kg·m2 -1
·s and for vapour fractions greater than 0.7 for different hydrocarbon and nitrogen compositions.
3500
Heat transfer coefficient, W·m-2·K-1

Heat transfer coefficient, W·m-2·K-1

3000
2500
2000
1500
1000
500
0

0.956 0.734 0.511 0.29
Vapour fraction

Neeraas et al., 2004

0.065

Hu et al., 2019

3000
2500
2000
1500
1000
500
0

0.956 0.734 0.511 0.29
Vapour fraction

Neeraas et al., 2004

0.065

Hu et al., 2019

Figure 2: Heat transfer coefficients for different mass fluxes (left – 40 kg·m-2·s, right – 80 kg·m-2·s).

4. EXPERIMENTAL SETUP
Experimental setup consists of two cycles (Fig. 4): mixed refrigerant cycle and imitation of flow
through test section cycle. Setup also includes measuring instruments described in Table 3. Mixed
refrigerant cycle provide refrigeration capacity in temperature ranges from -156..-60°C, cooling and
condensing test flow before the test section inlet.
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The test cycle includes compressor, aftercooler, main spiral-wound heat exchanger and expansion
valve. Before the test section electric heater is installed to provide required vapour fraction quality of
the flow. Electric heater after the test section is designed to evaporate residual liquid to protect
compressor from liquid slugging.
Table 3. Main instruments and their measuring properties

Parameter
Temperature
Mass flow
Power meter
Pressure
Chromatography

Instruments
OWEN Pt1000
Emis
GW Instek

Measuring range
-196..660°C
10-2000 kg/h
0.1 W to 12 kW

Accuracy
0.25%
0.15%
0.1%

Elemer
Chromos GC-1000

0 to 40 bar
-

0.25%
0.2%

Design of the test section of the experimental setup (Fig. 3) is based on the test section developed
by Ding et al. (2017). It includes zone for flow stratification and electric heated zone. The heating
elements are installed in stainless tubes, temperature transmitters are placed between outer and
inner layer as shown on Fig. 3.

Figure 3: Test section of the experimental setup.
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Compressor

Aftercooler

Main HE

EV

MR cycle
Compressor

W

EV

Aftercooler

T

Test cycle
T

P

Electric heater

T

Electric heater

P

P

T

P

F

Test section

Figure 4: Scheme of the experimental setup.

5. CONCLUSIONS
Designing of the spiral wound heat exchangers for liquefaction of natural gas still causes difficulties,
part of the reason is uncertainty in calculation of heat transfer. Authors made literature data analysis
of problem of calculation of heat transfer coefficient of boiling mixed hydrocarbon refrigerant in shellside of SWHE. Calculation and comparison of appropriate correlations are made and found
divergences under certain conditions. Test setup with test section is suggested for further research
of heat transfer.
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ABSTRACT
This paper reviews recent advances in single- and multi-stage Stirling-type pulse tube cryocoolers
(SPTCs) developed in the authors’ laboratory, in which single-stage coolers operate at 30-200 K,
two-stage ones at 15-100 K while three- and four-stage ones cover 2-10 K. Single-stage coolers
involving micro, miniature and middle-size ones, with cooling capacities varying from 1.0 W to 50 W,
are for cooling infrared and optical devices. Recently high-capacity ones with 800 W at 77 K are
developed to cool high-Tc superconducting facilities such as cables and magnets. Two-stage
SPTCs are mainly for simultaneously providing cooling at both stages. Three-stage SPTCs are
developed to achieve cooling at around 10 K while four-stage ones at below 4 K, both of which can
also precool J-T coolers to achieve lower temperatures such as around or below 2 K used for low-Tc
superconducting devices or the deep space exploration. The designs of the SPTCs including the
compressors are described in which the efforts in enhancing the efficiencies are emphasized.
Keywords: Recent Advances, Single-stage, Multi-stage, Stirling-type Pulse Tube Cryocooler,
Review.

1. INTRODUCTION
The pulse tube cryocooler (PTC) is now widely acknowledged as a significant innovation in the
regenerative refrigeration technology because it eliminates any moving component at the cold end,
which endows it with evident advantages over the conventional regenerative cryocoolers such as
GM and Stirling ones in terms of high reliability, long life and low vibration at the cold end (Dang,
2015; Dang et al., 2017). The Stirling-type PTC (SPTC) driven by the linear compressor employing
the well-proven flexure springs and clearance technology further realizes the long operation time at
the warm end (Dang, 2015; Dang et al, 2016), which makes it an attractive candidate for cooling
cryogenic devices used in some special fields such as in space. The past decade has witnessed a
rapid development of single- and multi-stage SPTCs in the authors’ laboratory and their successful
applications in a variety of projects. Recently, new progress has been achieved and this paper will
present an overview of these advances.
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2. SINGLE-STAGE SPTCS
During the past 10 years, a series of single-stage coaxial, U-type and in-line high efficiency SPTCs
covering 20-180 K have been developed in the authors’ laboratory for a variety of practical
applications, in which several mid-sized ones weighing 4.5-12.0 kg working at 60-110 K are already
flown in space (Dang et al., 2017). Continuous advances have been achieved in the mid-sized
SPTCs working at below 30 K. At present, using the mixed regenerator consisting of multi-segment
matrices to enhance the regenerator performance at the coldest end and also to minimize the
overall flowing resistance along the tube, a new no-load temperature of 17.3 K and the cooling
power of 0.25 W at 25 K can be achieved with an electric input power of 295 W. However, the much
more impressive progresses are about a 650 g micro SPTC operating at high frequencies of over
100 Hz and a 150 kg high-capacity one achieving 800 W at 77 K to be discussed as follows.
2.1 650 g micro coaxial SPTC
Miniaturization of cryocoolers is a worldwide concern because a variety of applications based on
optical and electronic technologies only require relatively small cooling powers but do need both
light weight and short cool-down time. There exists a wide gap between the requirements and the
available cryocoolers. The cooling capacity of a regenerative cryocooler would decrease sharply
with reduced size and an effective solution is to increase both charge pressure and cycle frequency.
However, the charge pressure has an upper limit in view of safety, while a too high operating
frequency often results in the poor heat transfer in the heat exchanger, thereby producing
considerable irreversible losses (Zhao et al., 2018).
Based on the developed two-dimensional axis-symmetric CFD model, the oscillating flow and heat
transfer process in the micro coaxial SPTC operating at 90-400 Hz had been investigated and a 800
g micro prototype worked out in 2017 (Dang et al., 2017). In 2018, the overall mass was reduced to
700 g and the Engineering Model (EM) of the cooler is achieved (Zhao et al., 2018). And in 2019,
the SPTC EM has further decreased to 650 g while keeping the same cooling performance.
Fig. 1 provides a photograph showing the comparisons between the 450 g micro linear compressor
and a conventional mid-size one, and Fig. 2 shows the developed 650 g micro SPTC together with
a Coke can as the reference object. The micro SPTC has achieved the cooling capacity of 1.0 W at
77 K with an electric input power of 40 W, and the cool-down time from 300 K to the no-load
temperature of 50 K is within 5.0 minutes.

Figure 1: Micro and mid-size compressors

Figure 2: 650 g micro SPTC EM
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2.2 High-capacity SPTC with 800 W at 77 K
The continuously increasing demand for electricity has put a strain on the capacity of electric grids
around the world. The high temperature superconducting (HTS) cable can provide a feasible
solution to the acute problem since it can carry several times more power than the conventional one
with the same footprint and operate at a much lower voltage as well. The cryogenic system is
indispensible for the HTS cable, in which several requirements are desirable such as low
maintenance, high reliability, long operation life, high cooling efficiency, small footprint and
acceptable cost. Due to the outstanding merits discussed in the Introduction, the SPTC becomes an
attractive candidate for cooling the HTS cable. However, an enormous challenge for the application
is the required huge cooling powers. To minimize the number of the cryocoolers in the cryogenic
system, the cooling capacity of about 700 W up to several kilo-Watts at 77 K is needed. By contrast,
in most cases, the SPTCs usually provide the cooling powers of below 50 W, or even less. In
essence, the main challenge comes from the linear compressor serving as the energy origin of the
cryocooler system. Generally speaking, most linear compressors have an upper limit of the input
power of around 1 kW, but the aimed application would require much more than ten times the
conventional upper limit, especially for the moving-coil linear compressors.
In our development program, the moving-coil linear compressor is still adopted for the high capacity
SPTC. The main purpose is to avoid open circuit axial forces and torques on the current carrying
coil and also to completely eliminate the radial forces in the compressor, which are the key
advantages of the moving-coil linear compressor. The design of the compressor is based on the
partial scaling method proposed by the same laboratory (Zhang et al., 2015), and the chosen
original linear compressor as the basis is the mature mid-size one with an input capacity of 400 W
developed mainly for space applications, and the aimed input capacity goal is 16 kW. Fig. 3 shows
the photo of the original 400 W linear compressor (middle) and the scaled-up new 16 kW one (up)
with a Coke can (below) as the reference object.
The mass of the developed 16 kW compressor is about 100 kg. In order to ease the practical
application, the coaxial arrangement is adopted for the pulse tube cold finger and all of the
phase-shifters (inertance tubes) are enveloped in the reservoir to achieve a compact system, as
used in the mid-size SPTCs (Dang et al., 2017). Fig. 4 shows a photograph of the developed
high-capacity SPTC. The overall mass is 150 kg and currently it can provide the cooling power of
800 W at 77 K with the input power of 16 kW. The reject temperature at the cold end is kept at 300 K
using the cycling water, and a relative Carnot efficiency of about 14.5% is achieved.

Figure 3: 400 W and 16 kW compressors

Figure 4: SPTC capable of 800 W at 77 K
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3. TWO-STAGE SPTCS
In practice, there is an increasing interest in providing cooling powers at different temperature levels.
For example, for many space-borne cryogenic instruments, some have two detectors with differing
operating temperatures, and some need to simultaneously cool both detector and optics. In some
cases, the use of two separate single-stage SPTCs with two different cooling temperatures is
suggested as a viable option. However, a two-stage SPTC driven by a single compressor will have
many definite advantages in terms of weight, compactness and system integration. In our
development program, the main goal of developing the two-stage SPTCs is to simultaneously
achieve the cooling capacities at both stages, in which the second stage normally works in 30-35 K
while the first stage usually operates in 80-150 K.
The capacity in distributing the cooling capacities between the stages has been investigated
theoretically and experimentally (Tan and Dang, 2017). A theoretical model of the thermally-coupled
two-stage SPTC based on the electric circuit analogy with considering real gas effects has been
established, and simulations of both the cooling performances and PV power distribution between
stages has been conducted. The results indicate that the PV power is inversely proportional to the
acoustic impedance of each stage, and the cooling capacity distribution is determined by the cold
finger cooling efficiency and the PV power into each stage together. Recently, the two-stage SPTC
have made the new progress and the results indicate that it can reach a no-load temperature of 11.6
K and simultaneously achieve 2.0 W at 30 K and 6.0 W at 85 K with an electric input power of 340
W and a reject temperature of 300 K.

4. THREE-STAGE SPTCS
The three-stage SPTCs are developed mainly for the applications at around 10 K, and they can also
be used for precooling J-T coolers to achieve liquid helium temperatures. Both thermally-coupled
and gas-coupled arrangements of the three-stage SPTC, as shown in Fig. 5 and Fig. 6, have been
studied (Gao and Dang, 2016; Dang et al., 2018a; Dang et al., 2018b). And the entropy analysis has
been employed as one of the main approaches for their design and optimization (Gao and Dang,
2016).

Figure 5: Three-stage thermally-coupled

Figure 6: Three-stage gas-coupled

Cryogenic phase-shifting and mixed regenerator matrices are employed to improve the
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performance at the third stage (Dang et al., 2018a). Fig. 7 and Fig. 8 show the concepts of
cryogenic and ambient phase-shifters, respectively. Simulations of the phase relationship, dynamic
pressure and mass flow rate are presented with third-stage phase-shifters at 40 K, 50 K and 293 K,
respectively (Dang et al., 2018a). Mixed regenerator matrices of conventional stainless steel
meshes and rare-earth materials such as Er3Ni, HoCu2 and Er0.6Pr0.4 are optimized theoretically.
Different ratios and combinations are analyzed and compared, and the quantitative analyses by the
entropy analysis are made. A three-stage SPTC without external precooling is developed based on
the theoretical analyses. In the new experiments, with an overall input power of 370 W, the
three-stage SPTC has experimentally reached a no-load temperature of 4.8 K and achieved a
cooling capacity of 155 mW at 10 K.

Figure 7: Cryogenic phase-shifter

Figure 9: Two-compressor-driven three-stage SPTC

Figure 8: Ambient phase-shifter

Figure 10: Single-compressor-driven
three-stage SPTC

The single-compressor-driven (SCD) three-stage SPTC has also been investigated (Dang et al.,
2018b). The main differences between the SCD type and the multi-compressor-driven (MCD) one is
that the former is driven by only one linear compressor, which will result in big differences in the
distribution of the input acoustic power in each stage and the optimization of the operating
parameters. Fig. 9 and Fig. 10 give the set-ups of a two-compressor-driven three-stage SPTC and a
SCD counterpart, respectively. In the new experiments, with a total input acoustic power of 370 W,
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the SCD three-stage SPTC reaches a no-load temperature of 7.2 K and achieves the cooling
capacity of 67 mW at 10 K. The performance of the SCD three-stage SPTC is slightly poorer than
that of its MCD counterpart given above, but the advantages of lightweight (20 kg less) and
compactness make the former more attractive to practical applications.
Fig. 11 shows a schematic of the three-stage SPTC/J-T hybrid cryocooler. The three-stage SPTC
used to precool the J-T cooler employs the completely gas-coupled arrangement and the three cold
fingers are driven by only one linear compressor. The first two stages are U-type and the third stage
is linear-type. All of the three phase-shifters are placed in the ambient environment. The three cold
heads are able to provide adequate cooling capacities for the J-T cooler at three different
temperatures, respectively, through the thermal links.

Figure 11: Schematic of three-stage

Figure 12: Cool-down curves of three-stage SPTC/J-T

SPTC/J-T hybrid cryocooler

hybrid cryocooler

The J-T loop, as shown in Fig. 11, consisting of four-stage counter-flow heat exchangers, a throttling
valve and an evaporator, is driven by the three-stage J-T compressor unit formed by three linear J-T
compressors and corresponding valves which are used to generate DC flow. To achieve the aimed
temperature of 2 K, the first stage compressor of the JT actually acts as a vacuum pump to maintain
the required saturation pressure in the evaporator which is much lower than the atmospheric
pressure. He-4 or He-3 gas passes through the high-pressure (upstream) channel of the four-stage
counter-flow heat exchangers where it is cooled stage-by-stage by the low-pressure (downstream)
returning gas and the three cold heads of SPTC. After going through the throttling valve, He-4 or
He-3 experiences the drop in both temperature and pressure, with a fraction of liquid working
medium producing in the evaporator as the cooling capacity for the device to be cooled.
The cooling performance of the hybrid cryocooler is tested and the cool-down curves are shown in
Fig. 12. With a total input power of 390 W, the no-load temperatures of the three stages are 45.26
K, 17.30 K and 5.68 K, respectively, in 200 minutes. A CFD model is established for the
hybrid cryocooler in which flow and heat transfer processes are simulated and then the cooling
capacities can be optimized by analyzing exergy losses caused by heat transfer. Based on the
simulations, if the J-T cryocooler uses He-3 as the working gas, with an input power of 420
W, a no-load temperature of 1.6 K is expected to be obtained by the current test setup (Dang et
al., 2019).
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5. FOUR-STAGE SPTCS
The four-stage SPTCs are developed to directly reach liquid helium temperatures, which can also
be used for precooling a J-T cooler to achieve further lower temperatures, and thus are expected to
play an important role in cooling the space low-Tc superconducting devices and in the deep space
exploration as well (Dang et al., 2017). A schematic of the four-stage SPTC and the experimental
set-up are shown in Fig. 13 and Fig.14, respectively. It has four cold fingers, in which the first two
ones are coaxially arranged and driven together by one compressor whereas the last two ones
adopt the linear arrangement and are driven by the other compressor. The phase-shifters of the first
two stages are put in ambient environment and those of the third and fourth stages in cryogenic one,
which are cooled by the second and third stages, respectively.
In the preliminary experiments, it is observed that the fourth stage cold head can achieve a no-load
temperature of 4.38 K in about 160 minutes, as shown in Fig. 15 (Dang et al., 2019). We have also
built the CFD model for the fourth stage in which the entropy generations caused by the losses can
be studied in detail. Based on the model, the cooling performance and the temperature distributions
can be simulated. It is shown that if an input power of 510 W is provided and He-3 is used to
replace He-4 as the working fluid at the fourth stage, the no-load temperature would further
decrease to K. Currently, both of the above two optimization ways are underway (Dang et al., 2019).

Figure 13: Schematic of four-stage SPTC

Figure 14: Experimental set-up of four-stage SPTC

Figure 15: Cool-down curves of each stage of four-stage SPTC
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6. CONCLUSIONS
This paper presents a review of recent advances in single- and multi-stage SPTCs in the authors’
laboratory. A 650 g micro SPTC and a high-capacity one with 800 W at 77 K are achieved. The
two-stage SPTC have made new advances at 30 K and 85 K. The three-stage and four-stage
SPTCs have reached 5.68 K and 4.38 K, respectively. Both three-stage SPTC/J-T hybrid cryocooler
and four-stage SPTC expected to achieve around 2 K or even below are underway.
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ABSTRACT
The temperature of 1-2 K is crucial to the low-Tc superconducting and deep space exploration. The
Joule-Thomson (JT) cryocooler coupled with a three-stage Stirling-type pulse tube cryocooler (SPTC)
is an effective way of achieving the required low temperature and high efficiency. In this paper, a
computational fluid dynamics (CFD) model is established for the JT cryocooler, in which the flow and
heat transfer processes are simulated and analyzed. The distributions of precooling capacities are
optimized by analyzing exergy losses caused by heat transfer. The effects of the three stage
precooling temperatures, the precooling capacities and the high pressure before the JT valve on the
cooling performance are also studied in depth. The no-load temperatures of 2.2 K and 1.42 K are
achieved in the model with He-4 and He-3 as working fluids, respectively. The corresponding
experimental verifications are underway.
Keywords: 1-2 K, Cryocooler, SPTC, J-T Cooler, CFD Model, Enthalpy Analysis.

1. INTRODUCTION
The recent years have witnessed the rapid development of the low-Tc superconducting and deep
space exploration technologies. For several required detectors such as superconducting nanowire
single photon detectors (SNSPDs) and X-ray detectors, the very low temperature of 2 K or even
below is critical to their normal operation. Traditionally, a large superfluid helium (He II) cryostat
capable of providing a temperature as low as 1.7 K is used to cool the detectors. However, due to
the limited volume and evaporation losses, the cryostat’s lifetime is very short, such as only several
weeks. By contrast, the mechanical hybrid Joule-Thomson (JT) cryocooler is a promising cryocooler
candidate for over 5 years operation due to its closed cooling cycle.
For the JT cryocooler aimed to reach 1-2 K, a precooling cryocooler is necessary to provide the
cooling power at the temperature which is below the maximum inversion temperature (45.2 K at 0.1
MPa) for He-4. Several researches have been conducted, in which the GM cryocooler and the
Stirling cryocooler are employed for precooling (Yoichi et al., 2012; Takeshi et al., 2016). However,
the moving components in either GM or Stirling cryocoolers’ cold heads inevitably lead to vibration
and wear, in which the later dramatically reduces the lifetime and influencing the performance of the
detectors. By contrast, the pulse tube cryocooler (PTC) eliminates the moving component at the cold
end and thus results in its long life and low vibration. The Stirling-type PTC (SPTC) driven by a linear
compressor further achieves the high reliability and long life in the compressor at the warm end, and
thus is suitable for a variety of special applications such as in orbit (Dang, 2015). Besides, the multistage SPTC is able to precool the JT cold head with two or three stage temperatures from 150 K to
less than 10 K. Therefore, the multi-stage SPTC becomes an attractive candidate for precooling the
JT cooler, especially for space applications (Dang et al., 2018; Dang, Bao et al., 2018; Dang et al.,
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2017).
This paper presents a three-stage SPTC/JT hybrid cryocooler. A computational fluid dynamics (CFD)
model is established for the JT cryocooler, in which the flow and heat transfer processes are
simulated and analyzed. The boundary conditions are optimized based on the enthalpy analysis.
The distributions of precooling capacities are optimized by analyzing exergy losses. The effects of
the three stage precooling temperatures, the precooling capacities and the high pressure before the
JT valve on the cooling performance are also studied in depth. The experimental investigations are
then carried out to verify the simulated results.

2. STRUCTURE DESIGN AND WORKING MECHANISM
Fig. 1 shows the configuration of the three-stage SPTC/JT cryocooler. The three-stage SPTC used
to precool the J-T cooler employs the completely gas-coupled arrangement and the three cold fingers
are driven by only one linear compressor. The cold fingers are all U-type and all of the three phaseshifters are placed in the ambient environment. The three cold heads are capable of providing
adequate cooling capacities for the JT cooler at three different temperatures, respectively, through
the thermally coupled Precooling Heat EXchangers (PHEXs).

Figure 1: Configuration of the three-stage SPTC/JT cryocooler

The JT cooler, consisting of four-stage Counter-flow Heat Exchangers (CHEXs), three PHEXs, a JT
valve and an evaporator, is driven by the JT compressor unit composed of three linear JT
compressors and corresponding valves which is used to generate DC flow. In Fig.1, only one JT
compressor is demonstrated. Similar to the SPTC, the JT cold head also has no moving component
and thus possesses the merits of high reliability, low vibration and long lifetime.
The four CHEXs are all made of stainless steel and adopt tube-in-tube designs, with high-pressure
gas ﬂowing in the annular space between the two tubes and the low-pressure gas ﬂowing through
the inner tube. The JT valve with a fixed orifice used for a ﬂow impedance for the JT expansion
circuit, is integrated inside the evaporator.
Fig. 2 shows a schematic of the operating mechanism in the cryocooler. The effective cooling powers
of the three-stage SPTC are 5.8 W at 80 K, 0.72 W at 30 K and 20 mW at 4.2 K, respectively. The
working fluid He-4 or He-3 gas passes through the high-pressure (upstream) channel of the fourstage CHEXs where it is cooled stage-by-stage by the low-pressure (downstream) returning gas and
the three cold heads of SPTC. After going through the JT valve, the working fluid experiences the
isenthalpic expansion with both temperature and pressure decreasing simultaneously. A small
amount of liquid coolant is formed in the evaporator, which is used to provide cooling power for the
detectors. The vapor pressure of working fluid at the downstream side of the JT valve is determined
by the suction pressure maintained at the compressor inlet. When the temperature is below 4 K, the
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vapor pressure of He-4 is lower than 100 kPa, such as, about 50 kPa at 3.5 K, 10 kPa at 2.5 K and
5.3 kPa at 2.2 K.

Figure 2: Schematic of working mechanism of the SPTC/JT cryocooler

3. CFD MODEL BUILDING
Generally speaking, a numerical model based on the ﬁrst law of thermodynamics is convenient and
effective to calculate the key parameters in the JT circuit, such as temperature, pressure and
enthalpy. However, the flow and heat transfer in the components are much easier to be observed
and studied by a CFD model. Therefore, a two-dimensional (2-D) CFD model is established to
simulate the flow and heat transfer of the four-stage CHEXs, the three PHEXs and the evaporator,
and another numerical model is developed to optimize the parameters of the boundary conditions.
3.1.

Model Building

The four CHEXs, three PHEXs and the evaporator are all simplified as 2-D channel flow model. Due
to the flow velocity and characteristic lengths of the heat exchangers are very small, the Reynolds
number of the fluid does not reach the critical value, and thus the laminar flow model is employed.Fig.
3 shows the axis-symmetric geometry of the first stage CHEX with the length of L. din and dout are
the diameter of the inner tube and outer tube, respectively. The upstream working fluid flow through
the outer tube and is cooled from T1 to T2 by the downstream one flowing through the inner tube in
a counter direction with the temperature from T13 to T14.

Figure 3: Axis-symmetric geometry of the first stage CHEX

Table 1 gives the geometric dimensions and the boundary condition types of the four CHEXs.
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Table 1. Geometrical dimensions and boundary condition types of each stage

Heat
exchanger
1st
2nd
3rd
4th
3.2.

Length (m)
1.3
1.0
0.7
1.1

Diameter (mm)
Inner tube
Outer tube
2
6.5
2
4.2
2
4.2
2
4.2

Boundary condition type
Inlet
Outlet
mass flow
rate
and
temperature

pressure
and
temperature

Governing Equation

Since helium is in gas or supercritical phase in the CHEXs and PHEXs, the single phase and energy
model are employed in the solving model. In the evaporator, part of helium is in liquid phase and
heated to the gaseous state, thus the mixture model is used in the model. The conservation
equations for the single model and mixture model are given as Eq. (1) and Eq. (2), respectively
𝜕(𝜌𝑇)
𝜆
+ 𝛻 ⋅ (𝜌𝒖𝑇) = 𝛻 ⋅ ( 𝛻𝑇) + 𝑆𝑇
𝜕𝑡
𝑐𝑝
𝑛

𝑛

𝑘=1

𝑘=1

𝜕
(∑ 𝛼𝑘 𝜌𝑘 ℎ𝑘 ) + 𝛻 ⋅ (∑ 𝛼𝑘 𝒖𝑘 (𝜌𝑘 ℎ𝑘 + 𝑝)) = 𝛻 ⋅ (𝜆𝑒𝑓𝑓 𝛻𝑇) + 𝑆𝑇
𝜕𝑡

Eq. (1)
Eq. (2)

In Eq. (2), the subscript index 𝑘 and 𝑛 represent the phase number 𝑘 and the total number of
phases, respectively. Other symbols in the two equations are explained in the Nomenclature.
3.3.

Boundary Conditions Analysis

The boundary conditions have a crucial effect on the simulated results of the JT cooler performance.
With the optimal boundary conditions, the CFD model is the most efficient since it reduces the
unnecessary trial-and-error processes. Therefore, a theoretical model based on the enthalpy
analysis is developed to calculate and optimize the boundary condition parameters of the model,
which is based on the following assumptions:
(1) There are no parasitic heat leaks in the circuit and the heat exchanger is perfectly effective
without axial heat conduction;
(2) The compression process is isothermal at the ambient temperature of 300 K;
(3) The heat load is balanced by a maximum generation of cooling capacity;
(4) There is no pressure drop in the isobaric process.
The thermodynamic cycle of the He-4 in the fourth stage CHEX, the JT valve and the evaporator,
which is known as the Linde-Hampson cycle, is demonstrated on the P-h plane shown in Fig. 3.

Figure 3: Thermodynamic cycle of He-4 in the last stage of JT circuit
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The maximum possible specific cooling capacity 𝑞𝑐 is the latent heat of vaporization of the liquid
part produced by throttling. 𝛥ℎ 𝑇 is the enthalpy change along the constant precooling temperature
line from 𝑃𝐷 to 𝑃𝑈 . Fig.4 shows the pressure dependence of the specific cooling capacity when the
third stage precooling temperature 𝑇𝑝𝑟𝑒3 is 10 K. The specific cooling capacity is determined by the
smaller one of 𝛥ℎ 𝑇 and 𝑞𝑐 , which is expressed as,
𝛥ℎ 𝑇 , 𝑃𝑈 ≤ 𝑃𝑈,𝑜𝑝𝑡
𝑞 = 𝑚𝑖𝑛{ 𝛥ℎ 𝑇 , 𝑞𝑐 } = {
𝑞𝑐 , 𝑃𝑈 > 𝑃𝑈,𝑜𝑝𝑡

Eq. (3)

where 𝑃𝑈,𝑜𝑝𝑡 is the optimal upstream pressure in MPa at which the specific cooling capacity reaches
the maximum.

Figure 4: Pressure dependence of specific cooling capacity with the third stage precooling
temperature at 10 K

Figure 5: Optimal upstream pressure and precooling temperature dependence of the maximum
specific cooling capacity

For each 𝑇𝑝𝑟𝑒3 , there is a 𝑃𝑈,𝑜𝑝𝑡 that maximizes the specific cooling capacity. Fig.5 presents the
relationship among the optimal specific cooling capacity, optimal upstream pressure and precooling
temperature when the cooling temperature is at 2.2 K. The optimal specific cooling capacity 𝑞𝑜𝑝𝑡
can be expressed by a function of the 𝑃𝑈,𝑜𝑝𝑡 and 𝑇𝑝𝑟𝑒3 as follow:
𝑞𝑜𝑝𝑡 = 𝑓(𝑃𝑈,𝑜𝑝𝑡 , 𝑇𝑝𝑟𝑒3 ) = 22.06 − 7.621𝑃𝑈,𝑜𝑝𝑡 + 0.2075𝑇𝑝𝑟𝑒3 (𝑇𝑐 = 2.2𝐾)

Eq. (4)

Besides, 𝑃𝑈,𝑜𝑝𝑡 is also a function of 𝑇𝑝𝑟𝑒3 which is presented by a quartic polynomial,
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1
2
3
4
(𝑇𝑐 = 2.2𝐾)
𝑃𝑈,𝑜𝑝𝑡 = 𝑓(𝑇𝑝𝑟𝑒3 ) = 𝑎0 + 𝑎1 𝑇𝑝𝑟𝑒3
+ 𝑎2 𝑇𝑝𝑟𝑒3
+ 𝑎3 𝑇𝑝𝑟𝑒3
+ 𝑎4 𝑇𝑝𝑟𝑒3

Eq. (5)

where a0 to a4 are the fit coefficients shown in Table 2. It should be noticed that the 𝑃𝑈,𝑜𝑝𝑡 is a
monotonically increasing function of 𝑇𝑝𝑟𝑒3 , which means the lower 𝑇𝑝𝑟𝑒3 is, the lower 𝑃𝑈,𝑜𝑝𝑡 to
obtain the maximum specific cooling capacity. The optimized function of 𝑇𝑝𝑟𝑒3 and 𝑃𝑈,𝑜𝑝𝑡 is used
in the boundary condition settings. The downstream pressure is set to 5.3 kPa, which corresponds
to the saturation temperature of 2.2 K for He-4 and 1.42 K for He-3, respectively.
Table 2. Values of the polynomial fit coefficients of Eq. (5).

𝑎0
−0.8584
3.4.

𝑎1
0.2451

𝑎2
−7.239 × 10−3

𝑎3
1.631 × 10−4

𝑎4
−1.464 × 10−6

Results and Discussions

The simulation mainly focuses on the influence of precooling temperatures on the cooling capacity,
the precooling capacity distribution and system exergy of the JT cooler. The simulated results of the
optimal cooling capacity changing with the cooling temperature and the third stage precooling
temperature are shown in Fig. 6. The cooling capacity of JT cooler 𝑄𝑐 is a product of the specific
cooling capacity and the mass flow rate, which has no direct connection with the precooling capacity
that is provided by the three-stage SPTC. The optimal cooling capacity 𝑄𝑐,𝑜𝑝𝑡 is defined as the
cooling capacity when the high pressure is 𝑃𝑈,𝑜𝑝𝑡 . For a fixed cooling temperature 𝑇𝑐 , when 𝑇𝑝𝑟𝑒3
decreases from 40 K to 5 K, 𝑄𝑐,𝑜𝑝𝑡 first increases and then decreases. For any constant 𝑇𝑐 in the
range of 2.2 K to 3.0 K, 𝑄𝑐,𝑜𝑝𝑡 reaches the maximum, that is 70-80 mW, at around 𝑇𝑝𝑟𝑒3 =12 K.
Besides, a higher 𝑇𝑐 corresponds to a bigger 𝑄𝑐,𝑜𝑝𝑡 , though this influence is very weak compared
with the effect of 𝑇𝑝𝑟𝑒3 on 𝑄𝑐,𝑜𝑝𝑡 .

Figure 6: Optimal cooling capacity at different cooling temperature when the third stage precooling
temperature varying from 5 K to 40 K

Fig. 7 shows the relationship among precooling capacity distributions, 𝑇𝑝𝑟𝑒1 and 𝑇𝑝𝑟𝑒2 when
𝑇𝑝𝑟𝑒3 =12 K and 𝜀 = 1, with the cooling temperature of 2.2 K, mass flow rate of 5.02 mg/s and optimal
upstream pressure of 1.29 MPa. The first stage precooling capacity 𝑄𝑝𝑟𝑒1 is only determined by
𝑇𝑝𝑟𝑒1 and 𝑄𝑝𝑟𝑒3 only depends on 𝑇𝑝𝑟𝑒2 , while 𝑄𝑝𝑟𝑒2 is up to both 𝑇𝑝𝑟𝑒1 and 𝑇𝑝𝑟𝑒2 . The value of
𝑄𝑝𝑟𝑒1 rises with the decline of 𝑇𝑝𝑟𝑒1 , whereas 𝑄𝑝𝑟𝑒3 increases as the increase of 𝑇𝑝𝑟𝑒2 . Generally，
𝑄𝑝𝑟𝑒1 is much smaller than 𝑄𝑝𝑟𝑒3 and the influence extent of 𝑇𝑝𝑟𝑒2 on 𝑄𝑝𝑟𝑒3 is greater than 𝑇𝑝𝑟𝑒1
on 𝑄𝑝𝑟𝑒1 . 𝑄𝑝𝑟𝑒2 rises fast with the drop of 𝑇𝑝𝑟𝑒2 while quite slowly with the increase of 𝑇𝑝𝑟𝑒1 .
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Figure 7: 𝑻𝒑𝒓𝒆𝟏 and 𝑻𝒑𝒓𝒆𝟐 dependence of the precooling capacity distribution with 𝑻𝒑𝒓𝒆𝟑 fixing at 12
K (when 𝜺 = 𝟏)

Eq. 6 presents the relationship among the total input exergy of the three PHEXs ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 , the
total exergy loss caused by the CHEXs and JT valve |∑ 𝐸𝑥𝑙𝑜𝑠𝑠 |, and the compressor input exergy
𝐸𝑥𝑐𝑝𝑟 ,
3

∑ 𝐸𝑥𝑝𝑟𝑒 = |∑ 𝐸𝑥𝑙𝑜𝑠𝑠 | − 𝐸𝑥𝑐𝑝𝑟

Eq. (6)

𝑘=1

Since the up- and down- stream pressure, as well as the ambient temperature are all constant, 𝐸𝑥𝑐𝑝𝑟
is then also a constant value. In this sense, ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 indirectly signifies the general exergy loss
of the JT circuit. A smaller ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 means a smaller |∑ 𝐸𝑥𝑙𝑜𝑠𝑠 |, which indicates that the total
power input to the system is used more efficiently.
Fig. 8 shows the variations of ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 with 𝑇𝑝𝑟𝑒1 and 𝑇𝑝𝑟𝑒2 . Similar to the effects of 𝑇𝑝𝑟𝑒1 and
𝑇𝑝𝑟𝑒2 on 𝑄𝑝𝑟𝑒3 , 𝑇𝑝𝑟𝑒2 also has a more significant impact on ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 than 𝑇𝑝𝑟𝑒1 dose. For
constant 𝑇𝑝𝑟𝑒1 , as 𝑇𝑝𝑟𝑒2 decreases, ∑3𝑘=1 𝐸𝑥𝑝𝑟𝑒 first slowly increases to a maximum value at about
𝑇𝑝𝑟𝑒2 =25 K, and then gradually decreases.

Figure 8: Influence of 𝑻𝒑𝒓𝒆𝟏 and 𝑻𝒑𝒓𝒆𝟐 on the total input exergy of the three PHEXs

In conclusion, considering the above analysis of precooling capacity and exergy, 𝑇𝑝𝑟𝑒2 should be
lower than 25 K to reduce the precooling capacity requirement of the third precooling stage and the
total exergy loss in the system, while a 𝑇𝑝𝑟𝑒1 higher than 80 K is acceptable due to its negligible
effect on both the precooling capacity and total exergy loss.

4. CONCLUSIONS
A JT cooler coupled with a precooling three-stage SPTC is developed to achieve 1-2 K. A twodimensional CFD model is established to investigate the flow and heat transfer process of the
counter-flow heat exchangers, precooling heat exchangers and evaporator, in which a numerical
model is used for the boundary conditions to optimize the upstream pressure and specific cooling
capacity. The simulated results indicate that for different third stage precooling temperatures, there
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exists an associated optimal high pressure that maximizes the specific cooling capacity. The best
third stage precooling temperature to obtain the maximum cooling capacity at cooling temperature
below 3.0 K is about 12 K. The first and second stage precooling temperatures are analyzed to
optimize the precooling capacity distributions and reduce the exergy loss of the JT circuit. The noload temperatures of 2.2 K and 1.42 K are achieved in the model with He-4 and He-3 as working
fluids, respectively. The experimental verifications on the model are underway.
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NOMENCLATURE
𝑐𝑝
ℎ
𝑃
𝑃𝑢,𝑜𝑝𝑡
𝑆𝑇
𝑡
𝑇

specific heat capacity (kJ×kg-1×K-1)
enthalpy (kJ×kg-1)
pressure (Pa)
optimal upstream pressure
viscous dissipation term
time (s)
temperature (K)

𝒖
Greeks
𝛼
𝜆
𝜌
𝜀

velocity vector (m×s-1)
volume fraction
thermal conductivity (W×m -1×K-1)
density (kg×m -3)
effectiveness of CHEX
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ABSTRACT
Existence of non-condensable helium in cryogenic tank ullage may affect the interfacial heat and
mass transfer characteristics and also the pressurization performance. In the present paper, helium
effect on heat and mass transfer inside a hydrogen tank as well as the associated pressurization
performance is studied, and a computational fluid dynamic (CFD) approach is introduced. In the CFD
computations, species transfer between helium and propellant vapor is considered, and a modified
phase change model accounting for helium effect on heat and mass transfer is also involved. A
series of successive pressurization operations are simulated, and the tank pressure evolutions and
field distributions are calculated to assist the analysis. The results show that existing of helium in
tank ullage could facilitate the mass transfer from liquid to vapor, and a combined effect of more
evaporated vapor and non-condensable helium inside ullage could suppress the pressure reduction
during vehicle launching process.
Keywords: Tank Pressurization, Launch Vehicle, Liquid Hydrogen, Phase Change.

1. INTRODUCTION
For a typical aerospace vehicle, helium gas is usually used to provide pressurization effect for
cryogenic propellant tanks under different stages, including ground pre-pressurization, vehicle
ascent period, and on-orbital active pressurization. For a helium injection issue or helium existence
issue, complex multi-species heat and mass transfer effect could occur and exert significant
influence on the thermodynamic behaviors. In the view of accurate management of propellant
system, the helium effect on pressurization as well as other properties should be known clearly in
advance.
To reveal helium effect on cryogenic thermodynamic mechanisms, experimental investigations and
CFD simulations are usually used to assist the performance analysis under normal gravity and
microgravity. For the experiments, Kassemi (2018) presented preliminary results from ZBOT’s
ground-based research and performed ISS microgravity test that focused on the effects of residual
non-condensable gases on both pressurization and pressure reduction trends in a sealed Dewar.
Morehead (2016) presented a LOX/LCH4 prototype planetary lander and hot-fire tests, and a cold
helium active pressurization system was incorporated in the fuel systems. CFD approach had been
widely used in the fields of tank pressurization and pressure control, and a great deal of CFD models
had been constructed aiming at different tanks. For example, Kartuzova and Kassemi (2013, 2017)
introduced a CFD model for simulating the fluid dynamics, heat transfer, and phase change during
self-pressurization and pressure control via jet mixing of an enclosed tank in microgravity. To reach
an accurate prediction, the interfacial heat and mass transfer effect should be emphasized,
especially for a helium-existence issue. Through Dalton's partial pressure model and Henry's law,
the helium molar fractions in both of gas phase and liquid phase were described by Kim (2012) to
examine helium effect on phase change rate. The similar treatment of multi-species phase change
had also been utilized by Grayson (2007), Ludwig and Dreyer (2014), and Wang (2017), and CFD
models based on Flow-3D and Fluent software had been constructed.
The existing researches of helium pressurization mainly focused on the performance under certain
conditions, and the helium effect on heat and mass transfer in different pressurization operations
were still lack. Therefore, in the present paper, a CFD model, involving non-condensable helium
effect on liquid-vapor phase change, is introduced to reveal the helium effect on mass transfer rate
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as well as thermodynamic characteristics under different mission stages. The situations about
ground pre-pressurization and depressurization, pressurized discharge during vehicle launching,
and ballistic period in 0-g are simulated and analyzed. It is believed that the present paper is
beneficial for deep understanding the helium effect on pressurization performance.

2. CFD MODELING
Fig.1 exhibits the schematic diagram of a LH 2 tank. 4-mm-thickness 2219 aluminum alloy plate is
used to construct the tank wall. A horizontal-outlet diffuser with outlet area of 0.03 m 2 is adopted to
diffuse pressurant gas. To reduce heat load from environment, a composite thermal insulation
structure including 20mm foam layer and 20mm multi-layer insulation is used. A preliminary study
showed that exterior heat leakage had slight influence on the internal thermodynamic behaviours as
well as pressure evolution of cryogenic tank experiencing short time (~minutes), so that adopting
approximate heat leakage values seem to be accepted. In this paper, redundant consideration of
heat flux boundary conditions of q=300 W∙m -2 and q=1 W∙m -2 are used respectively for high-gravity
cases and microgravity cases.
Fig. 2 displays tank pressure evolution as well as gravity variation sequence for the present
simulations. For the prelaunch helium pressurization operation, room-temperature gas is used to
pressurize cryogenic propellant tank from a normal pressure to a specific pressure level and then
maintain this level until the engine fire. During vehicle launching, an on-board pressurization system
is activated to sustain pre-setting pressure range for the core stages so that the propellant
supplement requirements could be met. Comparatively, the cryogenic tank of upper stage may
experience a depressurization phenomenon due to no pressurant injection together with heat
transfer from warm ullage to its adjacent cold boundaries. For the deep-space exploration mission,
the cryogenic tanks of upper stage could experience a zero-gravity ballistic period as well as space
varied-gravity operations, so that reorientation of liquid-gas phases may occur and the associated
thermodynamic behaviours would be affected. On the whole, pressurization and pressure control
play significant role in the cryogenic propellant system, and the properties are closely related to the
heat and mass transfer effect inside the cryogenic tanks.
To perform CFD simulations of the present cases, an axisymmetric model is developed and the fluid
region together with the metal wall region is considered as simulated objective. VOF method is
adopted to solve the multiphase problem. The density of ullage gas is calculated by ideal-gas model.
Except Boussinesq approximation is used to consider liquid density, the other thermophysical and
thermodynamic properties are supposed as constant values. Due to the non-condensation helium
existence in ullage region, the species transport function is involved to consider the species transfer
effect. Moreover, near-wall treatment of low-Re k-ε model approach is used to consider the fluid wall heat transfer.
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To implement the mass transfer calculation, a modified phase change model based on Schrage’s
equation is introduced. Similar to Schrage’s model, the present model calculates phase change rate
through temperature difference between fluid and its saturation state. What’s the difference is in
Schrage’s model the saturation temperature is calculated based on fluid total pressure, while the
present model considers saturation temperature through partial pressure of propellant vapor based
on Dalton’s model. The mathematical mechanisms for the multi-species phase change model are
shown below.
For T > Tsat (evaporation):

Sm = mvl = −mlv = − F l l

| T − Tsat |
Tsat

Eq. (1)

For T<Tsat (condensation):

Sm = mvl = −mlv = F v v

| T − Tsat |
Tsat

Eq. (2)

and

SE = i fg Sm

Eq. (3)

Tsat = Tsat ( Pv )

Eq. (4)

Ptotal = PHe + Pv

Eq. (5)

Here, F denotes the relaxation parameter used for obtaining the rate of mass transfer in a cell of unit
volume, and it carries the unit of [s -1]. In the CFD simulations, all of above heat and mass transfer
calculations are coded and implemented via customized User Defined Functions (UDF).

3. HE EFFECT ON PRE-PRESSURIZATION BEHAVIORS
Fig. 3 displays the H2 mass fraction distributions and associated temperature distributions at different
times of ground pre-pressurization process. It shows He-H2 diffusion with each other occurs under
the effect of helium gas injection and also the turbulent movement. At the end of this period, an
apparent axial concentration distribution and axial temperature distribution are observed. Also, since
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the helium diffuses towards liquid surface, He-H2 mixture instead of a pure H2 covers the liquid
surface, which may affect the mass transfer mechanism in the near-interface region.
H2 mass
fraction
[kg/kg]

Temperature
[K]

t=20s
H2 mass
fraction
[kg/kg]

Temperature
[K]

t=40s

H2 mass
fraction

Temperature
[K]

[kg/kg]

t=60s

Figure 3: H2 mass fraction and temperature distributions for pre-pressurization periods

To clearly explain the multi-species effect on pressurization and phase change performance, a pure
H2 case is calculated. Also, the two simulations are extended to involve the depressurization process
which could represent the situations of upper stage. Fig. 4 displays the comparisons of pressure and
ullage average temperature for pure-H2 case and H2 -He mixture case. In the two cases, same mole
fluxes of gas injection are used. It shows helium existence produces a lower initial temperature at
the end of pre-pressurization stage but a more significant temperature decrease in the
depressurization process. This is because the heat transfer rate from ullage to its boundaries is
mainly determined by the temperature difference. In the pre-pressurization period, helium case
obtains less gas injection so that the tank wall has a lower temperature when compared to the pureH2 case. Therefore, a larger temperature difference in helium case brings about more heat transfer
from ullage to tank wall in the subsequent depressurization period.
Fig. 5 displays the mass transfer amount curves during the pre-pressurization and depressurization
periods, and the positive value of ordinate denotes mass transfer from liquid to vapor. It shows helium
existence produces a more significant liquid evaporation during pre-pressurization, and this effect
even occurs in the subsequent depressurization process although the ullage temperature reduces.
Comparatively, pure H2 case experiences an apparent liquid evaporation in the pre-pressurization
period and then a vapor condensation in the depressurization. Moreover, comprehensive analysis
of temperature variations as well as mass transfer amount curves indicates that the pressure is
mainly determined by ullage temperature variation. For the pure-H2 case, although mass transfer is
transferred from liquid to vapor, which is favour for pressure rise, the tank pressure still decreases
under the effect of temperature drop.
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4. HE EFFECT ON PRESSURIZED DISCHARGE PERFORMANCE
Fig. 6 exhibits H2 mass fraction and associated temperature distributions at different times of
pressurized discharge period. It shows with the continuous decline of liquid surface the injected
helium impels the high concentration H 2 region flowing downwards. Simultaneously H2-He diffusion
with each other produces a significant concentration axial distribution. Moreover, owing to the
pressured gas injection structure, the downward velocity near the wall region is larger than that in
the bulk region, and thus a larger fraction of He could be seen in the near wall region, which further
results in a distinguishable radial temperature gradient in the lower part of ullage.
Fig. 7 displays the mass transfer amount during the pressurized discharge period. In this case, a
constant flux of pressurant gas is adopted, and also the decrease rate of liquid surface is stable. It
shows generally the mass transfer mode during this period is liquid evaporation except that vapor
condensation occurs in the beginning 5 seconds. This phenomenon could be explained by the specie
fraction in the near-surface region together with the ulage pressure. In the beginning, H2 vapor still
occupies a significant fraction. When the temperature of H2 vapor is larger than its saturation
temperature associated with its partial pressure, vapor condensation occurs, as the mechanism in
the pre-pressurization stage. With the process proceeding, further penetration of helium specie
towards liquid surface region reduces the vapor partial pressure as well as the saturation
temperature, so that an increasing tendency of liquid evaporation could be supposed. Moreover, it
could be seen that over the whole discharge period, about 2kg mass is transferred from liquid to
vapor. Simultaneously, about 70kg helium pressured is injected in this process. Compared to the
injected gas, the phase change effect has slight influence on the pressure behaviours even using
helium as the pressured gas. Therefore, for a typical short-time discharge event, the phase change
effect could be ignored in the pressurization analysis.
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5. HE EFFECT DURING BALLISTIC PERIOD
Fig. 8 exhibits He influence on physical field distribution under 0-g ballistic period, and phase
distribution and associated temperature distribution for both of He existence case and pure H 2 case
are illustrated. Since no other external force dominates fluid behaviours in 0-g condition, surface
tension comes to play the leading role in the field distributions. It could be observed that under 0-g
environment, ullage bulk is isolated from the tank wall under surface tension, and an approximate
spherical ullage is formed for both of the two cases. It should be noted that the present phase
distributions are not the final stable results. The coverage of ullage by liquid phase could bring about
weak velocity distribution over the whole fluid region, and under the inertia force effect the formed
spherical ullage would experience back and forth movement inside the tank until the final stable
position in the tank centre. Comparison of temperature distributions for the two cases indicates that
the He existence case has a higher temperature ullage than pure H 2 case. For the pure H2 case, the
coverage of ullage by liquid reinforces the heat and mass transfer between liquid and vapor phase,
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and also sufficient phase change could accelerate the process of establishing thermal equilibrium.
Comparatively, in the helium existence case, heat transfer in the two-phase system is mainly
performed through gas conduction, so that a lower temperature decline rate is produced. Figure.9
displays the pressure evolutions for the two cases during the ullage-coverage periods. It shows He
existence in the ullage region produces a larger pressure lower limit, and the stable pressure value
could be estimated by the helium amount in the ullage.
Temperature
[K]
Temperature
[K]

(a) He-H2 mixture case

(b) pure H2 case

Figure 8: He influence on physical field distribution under 0-g condition at t=350s (The left side is
temperature distribution, and the right side is phase distribution)
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Figure 9: Pressure evolutions for pure-H2 case and H2-He mixture case under 0-g condition

6. CONCLUSIONS
Based on the present CFD simulations, He existence influence on the pressure behaviours and
interior thermodynamic characteristics for different stages could be drawn as follow.
1) For ground pre-pressurization issue, helium-hydrogen mixing process is driven by pressurant
injection inertia force as well as turbulence diffusion. The uniform mixing is not finished within
the pressurization time, and an apparent axial concentration distribution could be observed.
2) During pressurized discharge period, helium diffusion towards liquid surface reduces the partial
pressure of hydrogen vapor, so that a tendency of liquid evaporation mostly occurs. Compared
to the injected pressurant gas mass, the mass transfer amount is weak and has ignorable
influence on the pressurization performance.
3) In 0-g ballistic process, helium existence in ullage would provide a higher stable pressure level,
and the pressure value could be estimated by the helium amount. Also, the helium existence
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slows down the establishment of thermal equilibrium state, and a superheated ullage could be
observed after the coverage of ullage by liquid phase.
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ABSTRACT
Nanoencapsulated phase change materials (NEPCM) composed of n-octadecane as the core and
polymethyl methacrylate as the shell were fabricated by in situ polymerization first and then
dispersed into the water to prepare aqueous suspensions by a two-step method. The aqueous
suspensions of NEPCMs showed good dispersion stability and had a uniform size distribution. The
thermal and rheological properties of the aqueous suspensions of NEPCMs were investigated,
emphasizing on the effects of NEPCM concentration and operating temperature. The specific heat
capacity and viscosity were measured by a differential scanning calorimeter and a rotational
rheometer, respectively. The results showed that as the NEPCM concentration increased, the
specific heat capacity of the aqueous suspension decreased slightly in the single-phase region and
increased drastically in the two-phase region. The overall specific heat capacity of the aqueous
suspension increased with increasing NEPCM concentration. The viscosity of the aqueous
suspension of NEPCMs increased with increasing NEPCM concentration and decreased as the
temperature increased. It was found that the NEPCM-caused increase in specific heat capacity is
more significant than that in viscosity. Thus, the aqueous suspensions of MEPCMs prepared
possessed potential for use as a latent functionally thermal fluid for high-efficiency heat dissipation
systems.
Keywords: NEPCM Suspension, Dispersion Stability, Specific Heat Capacity, Viscosity.

1. INTRODUCTION
In recent years, micro-electronic components are developing toward micro-miniaturization, high
frequency, high power and a high degree of chip integration, the contradiction between high heat
flux density and small heat dissipation space becomes considerable evident (Chein and Huang,
2004). The poor thermal performance of the traditional cooling fluids, such as water and oil, can
no longer meet the increasingly stringer requirements of the heat dissipation. (Toghraie et al.,
2016). Microencapsulated phase change material (MEPCM) is composed of PCM as core and a
polymer or inorganic shell to maintain the shape and prevent PCM leakage during the phase
change process. The new latent functionally thermal fluid, with MEPCM particles in it, can express
greater heat exchange ability owing to the excessive heat storage by MEPCM particles.
Therefore, researches on the fluid flow and heat transfer characteristics of the latent functionally
thermal fluid have attracted more and more attention (Zhang et al., 2007).
Goel el at. (1994) investigated the flow and heat transfer properties of the water-based MEPCM
suspensions for the laminar hydraulically and fully developed flows in a circular tube with a
constant wall heat flux. The results showed that the NEPCM suspensions could reduce the rise of
the tube wall temperature by up to 50% compared to the single-phase heat transfer fluid in the
same dimensionless parameter condition, and the increase in particles size could further reduce
the rise of the tube wall temperature by 15%. A study by Chen et al. (2008) indicated that the
dimensionless wall temperature of the MEPCM suspensions was lower than that of the pure water
in the constant heat flux due to phase change, and also found the heat transfer enhancement
ratio of the suspensions containing 15.8% MEPCM could be 1.42 times of that of water and could
reduce the pump consumption by up to 67.5% of that of pure water. Kong et al. (2015) utilized the
MEPCM suspensions flowing through a coil heat exchanger, and found that it could improve the
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heat transfer of the heat exchanger despite the pressure drop of the MEPCM suspensions was
higher than that of pure water due to the higher viscosity, and the performance efficiency
coefficient value is over 1 for the 4.8% MEPCM suspension.
It has been demonstrated that the MEPCM suspensions could enhance the heat transfer
properties in comparison to the pure water in the previous studies. However, the MEPCM
particles were found to be easily broken because of the large particles size, resulting in the
abrasion and blocking of the tube (Alvarado et al., 2007). Compared to the MEPCM particles, the
nanoencapsulated phase change materials (NEPCM) with the particle sizes less than 1µm were
much more stable and not easy to be broken. Moreover, the NEPCM particles should be able to
further enhance the micro-convection in the base fluid due to the higher ratio of surface area to
volume than the MEPCM particles (Lu et al., 2015). To date, few studies on the fluid flow and heat
transfer of aqueous suspension of NEPCM particles have been found in the literature.
Considering that the heat transfer enhancement of the NEPCM suspension was determined by its
improved thermos-physical properties, we focused on the specific heat capacity and viscosity of
the aqueous suspension of NEPCM particles in the present study. The thermo-physical properties
of the aqueous suspension of NEPCM particles should be closely related to suspension stability.
Thus far, few studies have been conducted with the goal of improving the dispersion stability of
NEPCM suspensions. In the literature, the commonly used method was to make the density of the
base fluid match that of the foreign particles. Therefore, preparation of monodisperse NEPCM
particles with uniform size and controlled density was necessary to improve the suspension
stability.
In the present study, NEPCM particles consisting of n-octadecane as the core and polymethyl
methacrylate as the shell were fabricated using a in situ polymerization approach. Deionized
water was chosen as the base fluid. The NEPCM particles were dispersed in the water to prepare
stable suspensions. The effects of NEPCM concentration and operating temperature on the
thermal and rheological properties of the aqueous suspensions, as well as the specific heat
capacity and dynamic viscosity, were investigated to demonstrate the advantages of the NEPCM
suspension as heat transfer fluid.

2. EXPERIMENTAL
2.1 Preparation of the NEPCM Suspensions
The nanoencapsulated phase change materials were fabricated using an in situ polymerization
approach. Methyl methacrylate, n-octadecane, initiator 2,2-Azodiisobutyronitrile, surfactant
Tween-80 and modified zirconium phosphate nanoplatelets were mixed in a three-neck flask as
the oil phase, and then the stable emulsion was prepared by slowly adding deionized water with
mechanical agitation at 200 rpm and a constant temperature of 313.15 K. The polymerization
process was started after the reaction mixture was heated to 343.15 K for 2 h with mechanical
agitation at 200 rpm and purged with nitrogen for 30 min. Finally, the resultant NEPCMs were
washed with Ethanol and deionized water and dried by vacuum freeze drying for 12h. The
aqueous suspension of NEPCM particles was prepared by a two-step method, in which the
NEPCM particles were dispersed in the pure water through magnetic stirring first and then
ultrasonic vibration. The volume concentrations of the NEPCM suspensions ranged from 1.0% to
6.0%.
2.2 Characterization of the NEPCM Suspensions
The micromorphology of the prepared NEPCM particles was measured using a scanning electron
microscope (SEM, S-3400N, Hitachi, Japan). The particle size of the aqueous suspension of
NEPCM particles was measured using a particle size analyzer (Delsa NanoC, Beckman Coulter,
America). The specific heat capacities of the NEPCM particles and the aqueous suspension of
NEPCM particles were analysed using a differential scanning calorimeter (DSC, DSC 3,
Mettler Toledo,Switzerland) under nitrogen atmosphere at a heating and cooling rate of 10 K/min.
The rotational rheometer (Kinexus ultra+, Malvern, UK) was employed for measurement of the
viscosity of the aqueous suspension of NEPCM particles at the operating temperatures of 283.15
K, 293.15 K and 308.15 K.
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3. RESULTS AND DISCUSSION
3.1 Micromorphology and Thermal property of the NEPCM Particles
Fig. 1 showed the SEM image of the NEPCM particles. It was observed that the NEPCM particles
had a regular spherical shape and a uniform size distribution. The average particle size was
around 500 nm. The NEPCM particles with good monodispersity provided convenience for the
subsequent preparation of aqueous suspensions of NEPCM particles. The specific heat capacity
of the NEPCM particles was measured by DSC analysis and the result was shown in Fig. 2. It
could be seen that the specific heat capacity of the NEPCM particles varied with operating
temperature. The specific heat capacity of the NEPCM particles in the single-phase regions are
about 1.89 J·g-1·K-1 (in the solid state) and 2.36 J·g-1·K-1 (in the liquid state), respectively. In the
two-phase region located in the range of 295.15-315.15K, the specific heat capacity of the
NEPCM particles increased due to the phase transition of the core material, and was apparently
higher than that in the single-phase region. The maximum specific heat capacity at the
temperature of 308.15 K was 26.18 J·g-1·K-1. The high specific heat capacity of the NEPCM
particles should be able to guarantee the heat transfer performance of the water-based working
fluid.

Figure 1: The SEM image of the NEPCM particles

Figure 2: The specific heat capacity curve of the NEPCM particles

3.2 Distribution Stability and Size Distribution of the NEPCM Suspensions
Fig. 3a showed that the sedimentation of the aqueous suspensions of NEPCM particles at
different standing times. There were no visible separation or sedimentation observed in these
NEPCM suspensions. It was indicated that the aqueous suspensions of NEPCM particles
prepared in the study possessed good stability and the NEPCM particles could be well suspend in
the base fluid. The particle size distributions of the aqueous suspensions of NEPCM particles at
different NEPCM concentrations were shown in Fig. 3b. It was apparent that all the NEPCM
suspensions prepared in the study had a narrow size distribution and the average particle size
was measured to be around 564.3 nm. It was found that the NEPCM suspensions and the
NEPCM particles prepared were approximately equal in particle size, suggesting that the NEPCM
particles were uniformly dispersed in the water and almost no aggregation occurred in the
NEPCM suspensions. The good dispersion stability achieved in the study could provide an

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

308

experimental basis for further investigating the thermo–physical properties of aqueous
suspensions of NEPCM particles.

1d

2d
(a)
(b)
Figure 3: (a) The sedimentation of the NEPCM suspensions at different standing times and (b) the
particle size distributions of the aqueous suspensions of NEPCM particles

3.3 Thermal and Rheological Properties of the NEPCM Suspensions
The specific heat capacity curves of the aqueous suspensions of NEPCM particles measured in
the temperature range of 280.13-315.13K were shown in Fig. 4. It could be seen that two typical
regions appeared in the specific heat capacity curves of the aqueous suspension. Region 1 was
located in the temperature range of 280.13-298.15K and 305.13-315.13K in which no phase
transition occurred in the NEPCM particles. Region 2 was located in the temperature range of
298.15-305.13K in which the NEPCM particles endure a phase transition. In the Region 1, the
specific heat capacity of the NEPCM suspension decreased as the NEPCM concentration
increased due to the lower specific heat capacity of the NEPCM particles compared to the pure
water. In the Region 2, the specific heat capacity of the NEPCM suspension increased sharply
and was apparent higher than that in the region 1. The maximum value of the specific heat
capacity appeared at the temperature of 302.15 K and the NEPCM concentration of 6.0%. Fig. 4
also showed the average specific heat capacity of the NEPCM suspension in the temperature
range of 280.13-315.15 K at different NEPCM concentrations. It was obvious that the average
specific heat capacity increased with increasing NEPCM concentration. The specific heat capacity
reached 13.03 J·g-1·K-1 at the NEPCM concentration of 6.0%.

Figure 4: The thermal property of the aqueous suspension of NEPCM particles

The effects of NEPCM concentration and operating temperature on the viscosity of the aqueous
suspension of NEPCM particles were presented in the Fig. 5. It could be seen that the viscosity of
the NEPCM suspension decreased as the operating temperature increased and increased with
increasing NEPCM concentration. Moreover, the effect of NEPCM concentration on the viscosity
of the NEPCM suspension was irrelevant to the operating temperature or the state of the NEPCM
particles. The NEPCM-caused increase in suspension viscosity was larger in the NEPCM
concentration of 1.5-5% than that in the NEPCM concentration of 5-6% and 1-1.5%. It also could
be seen that the increase in viscosity of the NEPCM suspension caused by the NEPCM
concentration at the lower temperature was larger than that at the higher temperature; and the
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increase in viscosity of the NEPCM suspension caused by the operating temperature at the
higher NEPCM concentration was larger than that at the lower NEPCM concentration. The
maximum increase in viscosity of the NEPCM suspension was about 15.6% at the NEPCM
concentration of 6.0% and the temperature of 283.15 K.

Figure 5: The rheological property of the aqueous suspension of NEPCM particles

4. CONCLUSIONS
In the present paper, the NEPCM particles consisting of n-octadecane as the core and polymethyl
methacrylate as the shell were fabricated using a in situ polymerization method. The obtained
NEPCM particles had regular shape and uniform sizes. These monodisperse NEPCM particles
could steadily dispersed in the base fluid and thus good stability of the aqueous suspension of
NEPCM particles was achieved without aggregation. The effects of the NEPCM particles and
operating temperature on the specific heat capacity and dynamic viscosity of the NEPCM
suspensions were investigated. It was found that the specific heat capacity of the NEPCM
suspension increased significantly with increasing NEPCM concentration due to the phase
transition of the core material. The viscosity of the NEPCM suspensions also increased due to the
NEPCM particles and showed little relationship with the phase state of the NEPCM particles. The
NEPCM-caused increase in the specific heat capacity was more significant compared to that in
the viscosity. It was suggested that the aqueous suspension of NEPCM particles should have
great potential applications in heat transfer.
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ABSTRACT
The high-efficiency linear compressor is critical to the Joule-Thomson (JT) cryocooler working at
1-2 K. A three-stage linear compressor system is developed. The system components and the inner
structure of the compressor are illustrated and described in detail. The electrical, mechanical and
thermal energy conversions and the compression losses in the compressor are theoretically
analyzed. In particular, the mass flow rates and pressure distributions among the three stages are
investigated in depth. An experimental setup is established to test the performance of the three
stages separately. The testing results show that, each JT compressor can achieve the aimed
suction and discharge pressures. With a total input power of 90.5 W, the developed JT cryocooler is
expected to achieve the no-load temperatures of 2.2 K and 1.42 K with He-4 and He-3 as working
fluid, respectively. The further experimental investigations and verifications are underway.
Keywords: 1-2 K, Cryocooler, J-T cooler, Linear compressor, Thermodynamics

1. INTRODUCTION
With the rapid development of the deep space exploration and low-Tc superconducting technologies,
the associated mechanical cryocooler capable of providing 1-2 K is now desirable. Among all the
mechanical cryocoolers, the Joule-Thomson (JT) cooler coupling with a three-stage Stirling-type
pulse tube cryocooler (SPTC) is a promising way to reach the required temperatures (Dang et al.,
2018; Dang et al., 2018; Dang et al., 2017). For the JT cooler, a direct-steady-continuous (DC) flow
with high pressure before the JT valve and low pressure after that is demanded to realize the
throttle cooling effect. Therefore, the compressor, as the driver source of the JT cooling loop, is one
of the most important components of the entire system.
Generally, a rotary compressor is used to circulate the JT loop, such as in the household
refrigerator, and some work has been done to change it to the version that can be employed in the
cryogenic JT cooler, such as the GM/JT hybrid cryocoolers. However, it is still knotty if it is used in
cryogenic regions. For example, (1) the friction and wear between shaft and cylinder is inevitable; (2)
the frozen lubricating oil at low temperature probably clogs the orifice of the JT valve; (3) the volume
is large and weight is too heavy. These disadvantages limit its application in many fields, especially
for space missions. By contrast, the linear compressor is a reciprocating compressor that utilizes a
piston driven by a linear motor to deliver gases at high pressure. The Oxford-type moving-coil
dual-opposed linear compressor, with the clearance seal, flexure springs, dual-opposed
configuration and flexible design technologies, have the advantages of high reliability, long life time,
low vibration and high efficiency (Dang, 2015). Over the past decades, it has been successfully
applied in a variety of space missions to drive the Stirling or pulse tube cryocoolers.
This paper presents a high-efficiency three-stage linear compressor system for the JT cooler. Each
JT compressor is developed based on the Oxford-type moving-coil dual-opposed linear compressor
used for the SPTC. The system components and structure design are described in detail.
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Theoretical analyses are made to study the electrical, mechanical and thermal characteristics in the
JT compressor. An experimental setup is built to test the system performance. The further
investigations on the matching between the three-stage compressor group and the JT loop are
underway.

2. SYSTEM COMPONENTS AND STRUCTURE DESIGN
2.1.

System Components

Fig. 1 shows the components of the three-stage JT compressor group. It consists of three linear
compressors that are connected in tandem. At first, the low-pressure working fluid He-4 or He-3,
which is from the first stage of the counter-flow heat exchanger, is taken into the first stage
compressor. Then it is compressed stage-by-stage by the compressor group. Finally, the required
high pressure is exhausted through the discharge port of the third stage compressor. The
Alternating Current (AC) power source is used to drive the compressor group, with 𝑊! , 𝑊! and 𝑊!
power supply for the first, second and third compressor, respectively.
The system, together with the cold finger of the JT loop, forms the complete closed cycle JT
cryocooler. In contrast to the open cycle system, in the closed loop the low pressure 𝑝! and the
high pressure 𝑝! , are not independent. Any change in one as a response to varying operating
conditions (such as the adjustment of the oriﬁce’s size) is accompanied by a corresponding change
in the other one. The linkage between the two pressures results from two aspects associated with
the conservation of mass and continuity, which are inherently realized by a circulating working fluid
operating at steady state in a closed loop. This point will be discussed in detail in the next chapter.

Figure 1: Components of three-stage JT compressor group

2.2.

Structure Design

In the three-stage JT compressor group, all of the three compressors have similar structures. Fig.2
shows a schematic of one linear JT compressor, which is similar to the compressor used for the
SPTC. It adopts the balanced-opposed arrangement so that the self-induced vibrations from the two
halves are cancelled out. Each half comprises a cylinder, a piston with a shaft, two sets of flexure
springs, a position transducer, a pressure vessel, and a linear motor composed of a permanent
magnet, a moving coil and two return irons. Each piston is driven by the linear motor directly
coupled to the piston shaft and reciprocates in its own cylinder. Two sets of flexure springs attached
to each piston shaft axially support the piston to achieve the clearance seal, with which the wear
between the piston and cylinder is eliminated and the power lost through the clearance becomes
negligible compared with the total power delivered by the piston. Each piston is designed to operate
resonantly in order to minimize the drive current. Two position transducers are ﬁxed on the piston
shafts to closely monitor the respective movements of the pistons (Dang, 2015).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

313

Figure 2: Schematic of dual-opposed linear JT compressor

The suction and discharge valves are mounted in the inlet channel and outlet channel of the
cylinder, respectively. They are a kind of relief valves that are used to provide a one-way ﬂow of the
working fluid (Sato et al., 2012; Sato et al., 2010). As shown in Fig. 2, the compression process is
as follows:
The low-pressure working fluid from the former stage is sucked into the compression space with the
action of the pistons through the suction valves, when the pistons move towards the center. The
working fluid is compressed, and then exhausted through the discharge valve when the pistons
move towards the outside. The exhausted working fluid flows into the next stage JT compressor
through the connecting tube. The other compressors work in the same way and supply the
high-pressure working fluid to the JT cooling loop. The volume of each pressure vessel is used as a
buffer volume for suction pressure of each compressor in order to make a stable flow.

3. THEORETICAL ANALYSES
In a JT compressor, three different forms of energy are included in the energy conversion: the
electric energy, mechanical energy and thermal energy. The electric energy is transferred into the
mechanical energy through the moving coil acting in the magnetic field, and the mechanical energy
is transferred into the thermal energy by pistons acting on the working fluid. The input electric power,
movement of the piston and thermodynamic parameters of the working fluid are correlated and the
relationship among them are relatively complicated, especially the thermodynamic characteristics in
the three different stages of the compressor system. A theoretical model is built to investigate the
energy conversion and variations of the thermal parameters in the three-stage system. The
compression losses are also analyzed theoretically.
3.1.

Linear Motor

To simplify the analyses, the motion of the piston is assumed to be sinusoidal and then it can be
written as (Jomde et al., 2018; Jomde et al., 2017; Phadkule et al., 2018)
𝑥=

𝑋
sin𝜔𝑡
2

Eq. (1)

where 𝑋 is the piston displacement of one stroke and ω is the angular frequency.
For the linear motor, neglecting the influence of the back pressure, the force balance is given as:
𝐿𝐵𝐼 = 𝑀!

d! 𝑥
d𝑥
+ 𝐶!"
+ 𝐾! 𝑥 + 𝐴!! ∆𝑃!
!
d𝑡
d𝑡

Eq. (2)

where the left part of the equation is the electromagnetic force, in which 𝐿 is the coil length, 𝐵 is
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the magnetic field intensity and 𝐼 is the motor current. The four terms in the right part stand for
inertia force, viscous force, mechanical spring force and gas force, respectively. 𝑀! is the mass of
moving coil and piston 𝐶!" is the mechanical damp coefficient of the moving part, 𝐾! is the axial
stiffness of flexure springs, 𝐴!! is the cross-sectional area of the piston and ∆𝑃! is the pressure
difference between the compression chamber and the back side of the piston. 𝑡 stands for time.
The motor voltage can be calculated by:
𝑈 = 𝐿!

d𝑥
d𝐼
+ 𝑅! 𝐼 + 𝐵𝐿
d𝑡
d𝑡

Eq. (3)

where 𝐿! and 𝑅! are coil inductance and coil resistance. 𝑅! can be given as:
𝑅! =

16𝜌! 𝜂𝑉!
𝜋 ! 𝑑!!

Eq. (4)

where 𝜌! is the resistivity of the coil, 𝜂 is the filling rate, 𝑑! is the diameter of the coil wire and 𝑉!
is the available volume in the coil holder.
3.2.

Suction and Discharge Valve

Simplified valve motion of the suction and discharge valve, which is used for predicting compressor
efficiency, could be achieved from a second-order damping system. The governing equation is:
𝑀!

d! 𝑧
d𝑧
d! 𝑥
+
𝐶
+
𝐾
𝑧
=
∆𝑃
𝐴
−
𝑓
−
𝑀
!"
!
!
!"
!
!
d𝑡 !
d𝑡
d𝑡 !

Eq. (5)

where 𝑧 is the displacement of valve, 𝐶!" is the damping coefficient of the valve, 𝐾! is the elastic
coefficient, ∆𝑃! is the difference between pressures acting on topside and backside of valve, 𝐴!"
is the effective area which ∆𝑃! is acting on and 𝑓! is the stiction and initially installed force.
3.3.

Thermal Characteristics

As discussed in the system components section, the linkage between the low-pressures and
high-pressure in a closed cycle arises from two aspects associated with the conservation of mass
and continuity:
(1) The high-pressure mass ﬂow rate has to match the low-pressure mass ﬂow rate, which is
𝑚! = 𝑚! . This aspect connects the two pressures through the size of the oriﬁce. In case of choked
flow conditions, the low-pressure has a minor effect on the mass flow rate, while the high-pressure
is the main contributory factor, which is expressed as follow:
𝜋𝑑!"# !
2
𝑚=
4
𝜅+1

!
!!!

2𝜅𝑝! 𝜌!
𝜅+1

Eq. (6)

where 𝑑!"# is the JT valve orifice diameter, 𝜅 is the average adiabatic index and 𝜌! is the density
at 𝑝! before the JT valve.
(2) The total amount of working fluid in the entire loop remains unchanged although the distribution
between the two sections, 𝑚! and 𝑚! , may alter. This aspect is associated with the actual
pressure values and the volumes before and after the JT valve.
The mass flow rate, which is a constant around the complete JT loop, can be determined from the
density and volumetric ﬂow rate at the suction side of the compressor:
𝑚 = 𝑉𝜌 𝑝! 𝜂!
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where the volumetric ﬂow rate 𝑉 depends on the swept volume during a single stroke and the
frequency of the strokes, and then:
𝑉=

1 !
𝜋𝑑 2𝑋 + 𝛿 𝑓
4

Eq. (8)

where 𝑑 is the diameter of the piston, 𝛿 is the minimum distance between the two pistons and 𝑓
is the operation frequency of the compressor.
The volumetric efﬁciency 𝜂! is the fraction of the swept mass, which is actually transferred and
discharged into the high-pressure side. A variety of factors inﬂuence the volumetric efﬁciency of a
compressor including its void volume, the content of which is compressed but not discharged,
internal leakages induced by the discharge and suction pressure difference, 𝑝! − 𝑝! , and at very
high ﬂow rates in reciprocating compressors, the inertial impedance of ﬂow into and out of the
cylinders. The volumetric efﬁciency is a moderately decreasing function of the pressure ratio, which
is given as:
𝑝!
𝑝!

𝜂! = 0.71 + 0.35 − 0.34𝜅

!
!

−1

Eq. (9)

Eq. (9) is applicable to each single stage of the JT compressor. The compression process for all the
three compressors is assumed to be isothermal. In this case, the theoretical input power for the
entire three-stage JT compressor group reaches the minimum. The pressure distributions among
the three stage and the corresponding pressure ratio is determined by Eq. (10):
𝑝!
𝑝!! 𝑝!!
=
=
=
𝑝!
𝑝!! 𝑝!!
3.4.

𝑝!
𝑝!

!

Eq. (10)

Compressor Loss

The compressor losses mainly include three parts: the Joule loss, the valve head loss and the
pumping loss.
3.4.1. Joule Loss
The Joule loss of the compressor can be expressed as:
!!/!

𝑄! = 2×𝑓

!

𝐼 !   𝑅! d𝑡

Eq. (11)

3.4.2. Valve Head Loss
The pressure drop at the valve can be calculated by:
∆𝑃! = 𝜌! (𝑎𝑢 + 𝑏𝑢 ! )

Eq. (12)

where 𝜌! is the estimated stagnation density at the valve port, 𝑎 and 𝑏 are constants, and 𝑢 is
the mean flow velocity.
3.4.3. Pumping Loss
The pumping loss though the clearance seal is calculated using the expression for the
instantaneous laminar mass ﬂow through an annulus (ignoring acceleration terms):
𝑚seal 𝜙 =

𝜋𝑑𝜏 ! 𝑝! + 𝑝!"#
12𝜇
2𝑅𝑇

𝑝! − 𝑝!"#
𝐿!
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Where 𝑅 is the gas constant, 𝐿! is the seal length, 𝜇 is the gas viscosity, 𝜏 is the radial gap
clearance, 𝑝! is the body pressure in the compressor vessel, and 𝑝!"# is the discharge pressure.

4. PERFORMANCE TESTING
According to a developed numerical model based on the enthalpy analysis, the JT cooler will
achieve the optimal cooling capacity at 2.2 K when the high-pressure and the low pressure are 1.29
MPa and 5.32 kPa, respectively. The theoretical mass flow rate is 5.02 mg/s with He-4 as the
working fluid. An experimental setup is used to test the compressor performance, as shown in Fig.
3.
The three compressors are tested separately. Two pressure gauges are used to monitor the high
and low pressure in the loop. The pressure ratio is controlled by the JT valve and the mass flow rate
of He-4 is measured by the mass flow meter (MFM). During the test, the temperature of the JT
compressor is kept at 300 K by the cooling water using a constant temperature circulator. The
pressure inside the cylinder is measured using the dynamic pressure transducer. The position
sensor measures the displacement of the piston through which the volume of a cylinder was
calculated. Hence the pressure-volume (P-V) diagrams of the three stages are plotted as shown in
Fig. 4. It can be observed that the measured values have a good agreement with the simulated
values based on the theoretical analyses.

Figure 3: Schematic diagram of JT compressor testing setup

Figure 4: Test results for three JT compressors on P-V diagram

Table 1 gives the design and test parameters of the three JT compressors. The pressure ratio for
each stage is about 6.17, and the mass flow rates of the three stages are 4.99, 4.92 and 5.01 mg/s,
respectively, which shows a good match for the required value achieving the optimal cooling
capacity. The total input power is 90.5 W. The results indicate that, if the three compressors are
linked in tandem and coupled with the JT cooling loop, the complete JT cryocooler is expected to
operate steadily with the closed cycle. The predicted no-load temperatures are 2.2 K and 1.42 K
with He-4 and He-3 as working fluid, respectively.
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Table 1. Design and test parameters of three JT compressors

1st
2nd

Piston
diameter
(mm)
40
16

Piston
stroke
(mm)
10
10

Operation
frequency
(Hz)
50
50

Suction
pressure
(MPa)
0.0055
0.0339

Discharge
pressure
(MPa)
0.0339
0.2092

Mass flow
rate
(mg/s)
4.99
4.92

3rd

6.5

10

50

0.2092

1.29

5.01

Compressor

5. CONCLUSIONS
A high-efficiency three-stage linear compressor system used for the 1-2 K JT cryocooler is
developed. The system is composed of three JT compressors which linked in tandem. The inner
structure is illustrated and described in detail. The electric, mechanical and thermal energy
conversions and the compression losses in the compressor are theoretically analyzed. In particular,
the mass flow rates and pressure distributions among the three stages are investigated in depth. An
experimental setup is established to test the performance of the three stages separately. The
testing results show that, each JT compressor can achieve the aimed suction and discharge
pressures. The steady mass flow rate matches well with the theoretical required value. With a total
input power of 90.5 W, the developed JT cryocooler is expected to achieve the no-load
temperatures of 2.2 K and 1.42 K with He-4 and He-3 as working fluid, respectively. The further
experimental investigations and verifications are underway.
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ABSTRACT
Electric vehicles are widely adopted as the solutions of air pollution and energy crisis. Batteries as
electric vehicles’ power sources are very important. The most widely used batteries are lithium-ion
batteries, Ni-MH batteries, fuel cells and super-capacitors. However, these batteries
have different heating problems. The paper studied principle of produced heat of these four type of
batteries, reviews the existing batteries’ thermal management. Traditional methods as air and liquid
and PCM cooling are useful. This paper also introduces other new cooling methods such as heat
pipe cooling and multiple cooling methods, as well as the solution to the problem of low temperature
start of the batteries in winter. This will facilitate the investigation on advancing the thermal
management system to a new generation.
Key words：Battery, Electric Vehicle, PCM, Thermal switch

1.

INTRODUCTION

Automobile is one of the main reasons of air pollution and petroleum energy crisis. With the
increasing global warming and other environmental problems and the gradual exhaustion of nonrenewable energy, countries around the world are competing to develop new energy vehicle
technology for high efficiency and low pollution. In recent years, Chinese car ownership has
increased year by year. It is expected that by 2020, Chinese car ownership will exceed 200 to million
vehicles, and its fuel consumption will account for 57% of the total oil consumption[1]. The severe
situation has prompted countries to organize relevant strategies for innovation and development of
new energy and intelligent automobiles [2]. New energy vehicles are expected to account for 35% of
global car sales by 2040.
Power battery is the main technology of new energy vehicles, which can be divided into biological
battery, chemical battery and physical battery [3]. Bio-battery converts bio-energy into electric energy.
Physical batteries contain solar cells and supercapacitors that store and release electrical energy
through physical changes. According to working properties, chemical batteries are divided into
primary batteries (primary batteries), secondary or rechargeable batteries (storage batteries) and
fuel cells [4]. Lithium-ion battery is one kind of secondary batteries which is widely used because of
its wider operating temperature range, higher safety voltage and lower price. High temperature will
lead to the aging of power batteries, which will cause various safety problems. Low temperature will
also cause the performance of lithium-ion batteries and fuel cells to decline or even make them
unable to start. Therefore, different thermal management systems need to be designed for different
power batteries. General cooling methods of power batteries are air cooling, liquid-cooling, phase
change cooling, etc. General heating methods are external heating and internal heating.
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2. MAIN SECTION
2.1. Lithium ion battery thermal management system
Lithium ion batteries transfer energy through positive and negative electrodes during the charging
and discharging process: When the battery is charging up, the lithium-cobalt oxide, positive electrode
gives up some of its lithium ions, which move through the electrolyte to the negative, graphite
electrode and remain there. The battery takes in and stores energy during this process. When the
battery is discharging, the lithium ions move back across the electrolyte to the positive electrode,
producing the energy that powers the battery[5].
In the process of charging and discharging, the temperature of the battery will rise because of the
inside chemical reaction and resistance. When the temperature rises to a certain limit, the thermal
failure of the battery would happen, which will lead to the explosion of the battery, even resulting in
huge casualties [6]. Fig. 1 shows a Model S 90D burning due to thermal failure, so the thermal
management method of power battery is important.

Fig. 1 a burning Model S 90D
The overall heat generated by the lithium-ion battery during charging and discharging
ohmic heating QJ, reactive heating Qr, side reaction heating Qs and polarization thermal QP.
The calorific value can be expressed by formulas (1) and (2):

QJ = I2R e

(1)

Q r = nmQI/(MF)

(2)

is

The total heating production of lithium ion battery can be calculated by the formula (3) :

Q t = Q r + Q J + Q P + Qs

(3)

The Bernardi formula (4) can be used to analysis the thermal characteristics of batteries [7]:

q=

I
I
U
(V − U) +
(T
)
Vb
Vb
T

(4)

In addition, the low temperature will also destroy battery performance, such as increasing the internal
resistance of batteries and reducing the discharge capacity of batteries [8].
Therefore, effective thermal management of batteries is particularly important. Liquid cooling, air
cooling, phase change material cooling and composite cooling are the main way of thermal
management.
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2.1.1 Air Cooling System
Air cooling technology uses air as heat transfer medium. It is simple, easy to integrate, no leakage
danger, and low maintain cost. Toyota's RAV-4 and Prius have chosen this thermal management
system to cool the car battery. air cooling thermal management system is generally divided into
parallel and serial [9]. The parallel mode is better than serial [10] and different runner structure design
also has a vital impact on the efficiency of system. Zhu Hui found that when the angle between air
guide plates and horizontal plane was 4 degrees and the distance between air passages decreased
by 2 mm, the air cooling system could maintain the minimum temperature difference between cells
at room temperature (25 C)[11]. Xun found that the cooling efficiency could be improved by increasing
the size of cooling passage, but it would lead to the unbalanced temperature distribution of battery
pack. When the discharge rate of battery is as high as 2C and the Reynolds number of cooling air at
the inlet is more than 2000, the volume ratio between cooling passage and battery pack should be
more than 0.014 [12]. Park found that the wide flat battery module with small battery gap is more
suitable for air cooling vehicle battery thermal management system [13]. Mohammadian used 3D
transient thermal analysis method to find that a special type of aluminum pin fin radiator can increase
the cooling efficiency of air cooling [14].
With the increasing demand for energy density of lithium-ion batteries air cooling system has been
unable to meet the heat dissipation requirements of power batteries. It has become a trend to replace
air cooling devices with more effective thermal management systems.
2.1.2 Liquid Cooling System
Liquid cooling system is more effective than air cooling system. Tesla Motors Model S-64P and Audi
A3 Sportback e-tron chose this as their thermal management system.
The research of liquid cooling system focuses on the design of microchannel cooling plate, including
the structural and fluid characteristics of the system itself. Rao found that changing the flow rate of
the inlet liquid could change the maximum temperature and temperature difference of the battery
pack [15]. Jia found that the number of pipes had the greatest effect on the average temperature of
the cooling plate, followed by the flow rate of coolant, and the height of pipes had the least effect.
The number of pipes and the speed of coolant had the same effect on the temperature uniformity
[16]
. Zhao found that increasing the liquid flow rate of the system can effectively reduce the
temperature of the battery and improve the uniformity of the temperature distribution of the battery.
Increasing the heat transfer in the vicinity of the battery can also improve the uniformity of the
temperature distribution of the battery, but this method has little effect on reducing the temperature
of the whole battery module. Increasing the interface area between the battery and the outer wall of
the liquid runner can significantly reduce the maximum temperature of the system, but this method
destroys the uniformity of the temperature of the whole system [17].
However, the structure of liquid cooling system is complex, which increases the cost of construction
and maintenance. At the same time, the liquid cooling system has higher requirements than the air
cooling system in mechanical strength and vibration resistance of materials.
2.1.3 Phase Change Material Cooling System
Phase change material (PCM) uses the latent heat of phase change to store energy. Paraffin is a
typical PCM used in thermal management system of batteries because of its non-corrosiveness and
low price. However, the low thermal conductivity strict the development of it. Therefore, improving
the thermal conductivity of paraffin is the prime aim of this technology. The traditional method is
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adding something like expanded graphite, nanoparticles and other typical materials to enhance
PCM’s conductivity. Ling found that 60 wt% RT44HC paraffin/expanded graphite phase change
composites can effectively reduce the temperature difference between batteries [18]. Jiang Guiwen
found that EG (12%)/PCM (88%) composite PCM could effectively improve the thermal management
of lithium batteries. At the same time, he proposed that the radial thermal conductivity of composite
materials played a decisive role in the heating rate of batteries, but when the radial thermal
conductivity reached a certain value, the heating rate of batteries would not change [19]. However,
the thermal conductivity of expanded graphite for paraffin wax is not infinite. Li Zhao found that the
thermal conductivity of composites increases gradually with the increase of the mass fraction of
expanded graphite to a certain value, and other thermal physical parameters decrease gradually [20].
Lv chooses nano-silica composite PCM for battery thermal management system [21]. In addition to
composite materials with high thermal conductivity, heat transfer can also be enhanced by changing
the structure of the system. Zhang Yanlai, through experimental testing and numerical analysis,
concluded that wrapping PCM into microcapsules with thin films can enhance the heat transfer of
natural convection [22].
2.1.4 Heat Pipe Cooling System
Heat pipe is widely used in industry as heat ex-changer.Ye validates that the heat pipe cooling
system can effectively control the accumulated heat in the rapid charging process of power batteries
[23-24]
. Ye designed a flat miniature heat pipe cooling system. The system can keep the temperature
between 25 and 40 degrees Celsius and ensure that the temperature difference between batteries
is always less than 5 degrees Celsius [25]. Zhao proved that the thermal management system of
automobile batteries can rely on ultra-thin heat pipes to quickly dissipate heat [26]. Wang Jian
demonstrates by numerical analysis that the average temperature of the battery pack cooled by heat
pipe is lower than that cooled by natural convection, and the temperature difference of the battery
pack decreases by 2.2 degrees Celsius. With the increase of the length of the condensation section
of the heat pipe, the cooling effect of the battery pack will be enhanced. When the length of the
condensation section of the heat pipe reaches 50 mm, the cooling requirement of the battery pack
can be met [27].
2.1.5 Compound Application of Multiple Thermal Management Systems
A single thermal management method often has many shortcomings, so more and more scholars
are trying to pull together different thermal management methods in batteries.
Al-Hallaj designed a composite thermal management system which combines air cooling and phase
change materials[28]. Behi designed a heat pipe cooling system assisted by composite phase change
materials, which can increase heat dissipation and reduce heat absorption, and avoid thermal
damage of battery packs[29]. Krishna designed an effective heat pipe cooling system assisted by
nano-reinforced phase change materials [30]. Wang designed a pulsating heat pipe battery thermal
management system which combines phase change materials, and found that it is more effective
than the pure pulsating heat pipe thermal management system [31].
2.1.6 Low Temperature Heating System
At present, most scholars are only concerned about the heat dissipation of lithium ion batteries, but
low temperature will increase the internal resistance of the electrolyte and inhibit the chemical
reaction rate, resulting in poor charge-discharge performance of lithium-ion batteries. Therefore,
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reasonable heating devices are needed to preheat lithium-ion batteries in winter.
Zhang compared the external heating methods of metal resistance heating film (MRF) and positive
temperature coefficient thermistor (PTC), found that the heating effect of MRF was better [32]. Guo
designed a battery heating system for all-weather electric vehicles. The system can raise the
temperature of the battery from 2.21 (-20.84) to 10.02 (-20.3 C) in 12.4 minutes[33]. However, there
is little research in this field, which needs to be developed by scholars in the future.
2.2. Research status of other types of battery thermal management system
2.2.1 NiMH Battery Thermal Management System
With the increase of temperature, the chemical reaction rate will accelerate, which will affect the
service life of the battery. The results show that the cycle times of MH-Ni battery decrease by 60%
when the working temperature of MH-Ni battery reaches 45 C. Chang Guofeng optimized the
structure of thermal management system for MH-Ni batteries in hybrid electric cars. Tests show that
the optimized structure can control the local maximum temperature of batteries below 40 C, and the
temperature difference between batteries is not more than 5 [34]. Wu Zhongjie has designed a
jacketed thermal management system for liquid cooling batteries. The system can control the surface
temperature of batteries in the optimum operating range and maintain a uniform temperature
distribution [35].
2.2.2 Fuel Cell Thermal Management System
The main heating components of PEMFC are proton exchange membrane fuel cell stack and battery
pack. The internal water balance and thermal balance of fuel cells are closely related, so the thermal
management of fuel cells is also called water management. When the temperature is low, the internal
polarization of the battery is greater, and the ohmic impedance increases [36]. The increase of
temperature can promote the electrochemical reaction speed and improve the performance of the
battery, but too high temperature can also cause dehydration of the proton exchange membrane and
lead to safety problems [37]. The relationship between the theoretical potential and temperature of
the fuel cell is formula (5) [38]:

E=

ΔH TS
−
nF
nF

(5)

At present, the working temperature of proton exchange membranes of fuel cells used in the market
is 60-80 C, which can not exceed 100 C. Meanwhile, PEMFC contains water, which will freeze below
0 C, then affecting battery start-up. So the cold start problem is what PEMFC needs to solve urgently.
Chen Sitong applied phase change materials to the thermal management of PEMFC. It was found
that phase change materials could make temperature difference between single batteries smaller,
and had obvious advantages in the cold start problem [39]. Shi Haimin invented a fuel cell thermal
management system which combines various water circulation systems [40].
2.2.3 Supercapacitor Thermal Management System
Supercapacitor (SC) has the advantages of low internal resistance, but the heat caused by the
instantaneous diffusion of ions in electrolyte can not be neglected. The thermal behavior of SC can
be simulated by equivalent circuit. Berrueta studied an electrical and thermal model of a Maxwell SC
by means of equivalent circuit simulation[41] . Excessive temperature accelerates the aging of SC [42].
Gualous verified that the aging of SC is related to temperature and voltage [43]. The core temperature
of SC should be kept below the boiling point of electrolyte. Once the temperature exceeds 81 C, SC
will be damaged. So we must also set up cooling system for SC. The current cooling methods are
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natural convection cooling method and forced air cooling method.

3. CONCLUSIONS
Future Prospect of Research on Automotive Battery Thermal Management System
3.1 Because of the space limitation of electric vehicles, in the future battery thermal management
system design should mainly focus on the smaller size, lighter weight, cheaper cost and more heat
dissipation performance. Meanwhile, phase change materials and heat pipe cooling methods are in
the laboratory stage, and the ideal state of the laboratory is far from practical application.It is
necessary to turn it into reality and deduce and establish the optimization performance models of
phase change materials and heat pipes.
2.3.2 The high temperature resistance of MH-Ni batteries is very poor. It is necessary to control the
working temperature below 45 C. Therefore, future scholars need to find a more effective way to
control the overall battery temperature by improving the internal performance of batteries or
enhancing the thermal properties of external thermal management materials.
2.3.3 PEMFC thermal management systems should focus on preventing the battery stack from
freezing, and quickly melting the ice through external heating after freezing.
2.3.4 Further study of supercapacitors is making out the aging mechanism and establishing aging
models.

NOMENCLATURE
Re ohmic internal resistance of battery material

I

Charge and Discharge Current of Batteries

n cell number

M

electrode quality

M

molar mass

Q

the heat production rate of the battery

U

open circuit voltage

T

temperature

Q electrode chemical
generated algebra
F

reaction

Faraday constant (96484.5C/mol)

Vb Battery Volume
V working voltage

and

heat
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ABSTRACT
This paper presents a numerical study on a coaxial pulse tube refrigerator(PTR) with inertance
tube-gas reservoir as the phase modulation device. A two-dimensional model is developed to
describe the oscillating flow in the regenerator, cold-end heat exchanger, pulse tube and warm-end
heat exchanger, while a 1D model is employed to describe the phase modulation by the inertance
tube. The boundary condition at the warm end of regenerator is the sinusoidal pressure wave of a
mean value of 3.0 MPa, an amplitude of 0.07 MPa and a frequency of 34 Hz. Based on the
simulation results, the influence of inertance tube-gas reservoir device on the temperature and
velocity distribution profile is obtained. The transient variations of velocity near the wall lead that at
the other points at the same cross section in the pulse tube. Velocity oscillations with large
magnitudes are observed near the center of the cold end heat exchanger due to the presence of
the empty volume. Besides, the anisotropy thermal conductivity of porous medium has a significant
effect on the performance. The cryocooler can reach a minimum temperature of 86 K when a small
value of axial thermal conductivity is applied, which is 15 K lower than that of the case with
isotropic thermal conductivity.
Keywords: Pulse Tube Refrigerator, CFD Simulation, Coaxial Type, Inertance Tube.

1. INTRODUCTION
Cryogenic refrigerators have been widely used in the fields of space industry, military application
and hypothermal medicine. Compared to other types of cryogenic refrigerators, the pulse tube
refrigerator(PTR) without moving parts at its cold head has simple structures, small vibrations, high
reliabilities and long lifetimes, which makes it a promising candidate as a space cryocooler,
especially in field of infrared detector cooling.
The first generation of pulse tube refrigerator was proposed by Gifford and Longsworth (1964) in
the 1960’s. Their prototype refrigerator reached a refrigeration temperature of 124 K. Since then,
pulse tube refrigerator had been widely studied. The phase shifter, which is one of the research
hotspots, is crucial to a pulse tube refrigerator. Up to now, there are several kinds of phase shifter,
such as orifice-reservoir, dual-piston, double-inlet valve, and inertance tube. Theoretical analysis
and studies show that the inertance tube has the ability to regulate phase difference for a wide
range by using the inertance effect of oscillating gas. Meanwhile, the inertance tube provides the
function of amplifying the pressure ratio in the pulse tube and avoids producing direct current.
Therefore, it is not only applicable for high power pulse tube cryocooler, but also satisfies the
requirements of small refrigeration system.
Inertance tube was first applied to the high frequency pulse tube cryocooler by Kanao et al. (1994)
and a 114 K of refrigeration temperature was acquired. Researchers tried to explore the
mechanism inside inertance tube for many years. Gardner and Swift (1997) carried series of
experiments and analyzed the phase shifting mechanism of inertance tube with an electric analogy
method. They pointed out that the inertance tube could adjust phase difference in a wide range.
Schunk et al. (2005) analyzed the segmented inertance tube combined with fluid network theory
and the distributed parameter model followed by validation experiments. They suggested that the
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distributed parameter model considered the impedance introduced by tube diameter change of
inertance tube and the simulated results was closer to the experimental data than that of the
lumped-capacitance model. Radebaugh et al. (2006) developed a transmission line model based
on the fluid network theory and the corrected the term of unit length flow resistance. They
compared the phase shifting results under both adiabatic and isothermal conditions of inertance
tube with experimental data and found that experimental data fell between the predictions of the
two cases. They concluded that the inertance tube would be closer to the adiabatic condition with
the increase of the ratio of tube diameter to thermal penetration depth. Luo et al. (2004) applied the
linear thermoacoustic theory to the analysis of inertance tube and developed a laminar
thermoacoustic transmission line model with the simplified turbulent thermoacoustic model, which
showed good agreement with the experimental results. Ren et al. (2009) adopted the turbulence
correction model to analyze how the temperature affects the phase shifting ability under the
conditions with/without a gas reservoir. The concluded that the phase shifting ability increased with
the decrease of temperature. Luo et al. used their model to analyze the dimensionless phase
shifting map of inertance tubes. Huang et al. (2014) studied the pressure and mass distribution
along the axis of the inertance tube-gas reservoir. They found that minimum pressure magnitude
exists and it is near the gas reservoir. Mass flow rate is increasing along the tube. Liu et al. (2016)
studied the effect of winding mode on inertance tube and concluded that the less the number of
winding, the lower temperature the refrigerator coud be reached. Fang et al. (2017) developed a
one dimensional analogy model for the inertance tube and coupled it with 2D/3D CFD model of
pulse tube refrigerators. The results showed good agreement with experimental data. Liu et al.
(2017) studied the temperature of inertance tube on the phase shifting ability and the cooling
performance of PTR with a lumped-capacitance model. They found that a shorter inertance tube
with a lower temperature could enhance the phase shifting ability but deteriorated cooling
performance.
The temperature and velocity distribution inside the PTR is difficult to measure. CFD simulation is a
useful tool to predict the flow field inside the pulse tube refrigerator. But the cost is too high for the
PTR with a long inertance tube. In present paper, the 1D inertance tube model was employed to
reduce the computational cost, and the 2D simulations of PTR are presented. In addition, the
effects of axial conduction in the regenerator on the PTR performance are investigated by setting
the anisotropic thermal conductivity of the regenerator filler materials.

2. SIMULATION MODEL
2.1.

Geometry Model

This study is carried out with a coaxial pulse tube cryocooler as the prototype. The computational
domain is presented in Fig. 1. The aftercooler, warm-end heat exchanger(WHX) and cold-end heat
exchanger(CHX) are considered as the thermal equilibrium domain while the regenerator is
assumed to be a non-thermal equilibrium domain. All of heat exchangers are treated as porous
zone. The 2D axisymmetric model was adopted to reduce the number of grid points.

Figure 1: Schematic diagram of pulse tube refrigerator (A - pressure inlet, B - aftercooler, C, D regenerator, E - cold-end heat exchanger, F - pulse tube, G - hot-end heat exchanger, H - part of
inertance tube, I - mass inlet)

Besides, the compressor characteristics are described by the sinusoidal pressure waves, which
was implemented by user-defined functions (UDFs):
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pin = p0 + p sin 2 ft

Eq. (1)

where p0 is the inflation pressure and is the Δp pressure amplitude. The values of p0 and Δp are
fixed at 3.0 MPa and 0.07Mpa, respectively. More important, the inertance tube and gas reservoir
were cut and replaced by a boundary condition, which is just the purpose the research. Treated as
ideal gas, helium was adopted as working fluid, the properties of which were calculated by NIST.
As for the material of regenerator and heat exchanger, we adopted 304 stainless steel and copper,
respectively. The properties of both helium and stainless steel then were fitted into piecewise
polynomial functions of temperature by UDFs.
In the transient simulation, standard k-ω model was adopted as the viscous model to make the
formulation of a robust y+–insensitive treatment. Scheme of PISO was selected as pressurevelocity coupling method. Spatial discretization scheme for pressure equation was set to
PRESTO!, density, momentum and energy equation second order upwind, turbulent energy and
specific dissipation rate equation first order upwind to make sure enough accuracy. Time step Δt in
the transient simulation should meet the following condition:

1
 40
f  t

Eq. (2)

where f is frequency. This simulation selected a time step of 4e-4s.
2.2.

Governing Equations

Compared with non-porous zone, the governing equations for porous zones introduce superficial
velocity and have different forms with a variable porosity γ. They are given as follows:
The continuity and momentum equations are shown as following.


( f ) +   ( f v ) = 0
t

Eq. (3)


( f v ) +   ( f vv ) = −p +   ( ) + S
t

Eq. (4)

where S and  are the stress tensor and the source term to calculate the effect of porosity. For
homogeneous porous media, S is given by:

C


S = − v + 2  f v v 
2



Eq. (5)

where α is permeability and C2 is inertial resistance factor.
Energy equation for thermal equilibrium condition:


( f E f + (1 −  ) s Es ) +   v (  f E f + p ) =   keff T + (  v )
t

(

)

(

)

Eq. (6)

where keff, Ef and Es are effective thermal conductivity of the medium, the total fluid energy and
total solid medium energy, respectively. keff is computed as the volume average of the fluid
conductivity and the solid conductivity:

keff =  k f + (1 −  ) ks
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Energy equations for the non-thermal equilibrium condition for gas and solid phases are


( f E f ) +   v (  f E f + p ) =    k f Tf + (  v ) + h fs Afs (Ts − Tf )
t

(

)

(

)


((1 −  ) s Es ) =   (1 −  ) ksTs + (  v ) + h fs Afs (Tf − Ts )
t

(

)

Eq. (8)

Eq. (9)

The distributed parameter model proposed by Schunk et al. (2005) is considered to be the most
accurate 1D model to predict the performance of inertance tube. This model is based on the
electrical analogy. The basic idea is to make an analogy between pressure amplitude (Δp) and
voltage (V) and the mass flow rate (m) and current (I). In order to include the velocity effects of the
long inertance tube, the inertance tube is divided into several segments. The distributed model is
shown in Fig. 2.

Figure 2: Impedance network of inertance tube and resevior

The compliance(C), inertance(I) and resistance(R) of each segment can be expressed as:

Ci =  D2 4 RgT

Eq. (10)

Ii = 4  D 2

Eq. (11)

Ri = 64 f r mi  3  D 5

Eq. (12)

where fr is the Fanning friction factor, and it is given as:

f r = 0.046 Re 0.2

Eq. (13)

The impedance of compliance(C), inertance(I) and resistance(R) is calculated as:

Z C ,i = 1 jCi

Eq. (14)

Z I ,i = j Ri

Eq. (15)

Z R ,i = Ri

Eq. (16)

Z r =  Rg T jVr

Eq. (17)

mi = mi −1 + mC ,i −1

Eq. (18)
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3. RESULTS AND DISCUSSION
3.1.

Mass Flow Rate and Pressure Distribution along the Inertance Tube

Fig. 3 shows the mass flow rate and the pressure distribution in the inertance tube. It can be seen
the mass flow rate is minimum at the pulse-tube-end while the mass flow rate reaches its
maximum at the reservoir-end. The pressure magnitude reaches the minimum at the very end of
the pulse tube. The magnitude of pressure fluctuations decreases along axis, which is mainly
caused by viscosity of working fluid and frictional resistance. However, the magnitude of mass flow
rate increases along the inertance tube. The reason is that the flow impedance is so small at the
outlet of inertance tube connected to the gas reservoir that the mass flow rate is large compared to
other positions. The pressure magnitude tends to zero at the end connected to the gas reservoir
because the large volume of the gas reservoir plays as a buffer to balance the time-varied
pressure. As a typical capacitive element, the gas reservoir can lead to a phase difference of 90
degrees while phase difference of other position is dominated by the flow impedance.

Figure 3: Mass flow and pressure distribution in the pulse tube

3.2.

Effects of the Anisotropic Thermal Conductivity of the Porous Medium

The axial conduction in the regenerator is crucial for the PTC performance. For regenerator filled
with wired screens, the thermal conductivity can be different between axial and radial directions. In
the axial direction, the thermal conduction can be reduced due to a large number of contact
between different layers of screens. Therefore, it is interesting to examine the effects of anisotropic
thermal conductivity of porous medium on the PTC performance.
In order to illustrate the influence of axial conduction on the PTC performance, the thermal
conductivity in the axial direction is set to zero for the anisotropic medium. The predicted cold-end
temperatures of PTC with the isotropic medium and the anisotropic medium are 101 K and 86 K,
respectively. Because the anisotropic medium can reflect regenerator’s performance, we use the
results of the condition with anisotropic medium in the following discussion on the temperature and
velocity distribution. Fig. 4 shows the variations of pressure and mass flow rate with time at both
ends of the pulse tube. Spatial distribution of pressure synchronizes in the entire pulse tube, while
mass flow rate does not. It indicates that the pressure leads the mass flow rate at the PT hot-end
by 110 degrees and the PT cold-end by 178 degrees, respectively.
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Figure 4: The phase map of pressure and mass flow rate at both ends the pulse tube

3.3.

Temperature Distribution in the Pulse Tube

Fig. 5 shows the temperature distribution in the pulse tube over a period. Temperature change is
relatively small over a time step. In the regenerator, temperature of working fluid maintains
relatively linear and uniform, while in the pulse tube, temperature distribution of working fluid varies
along radial direction. The difference of temperature distribution between regenerator and pulse
tube is caused by the filler. Because of the large heat capacity of the filler, the temperature
sensibility to pressure change in the regenerator comes down and the temperature difference
along the radial direction declines. In the pulse tube, the heat capacity and thermal conductivity is
dominated by the gas property. So it is more sensible to pressure change, which is why
temperature varies along the radial direction with the pressure change. Fig. 6 shows a detailed
description of the temperature along the axis in the center of the pulse tube at T/4 and 3T/4 time
instances of a period. When the pressure peaks, the working fluid flows slightly from the cold-end
to the hot-end and the temperature decreases at the same location. When the pressure reaches
the minimum point, the working fluid flows from the hot-end heat exchanger to the cold end, which
undergoes a compression process. As a result, the temperature near warm-end heat exchanger
goes up a little bit.

Figure 5: Temperature distribution in the pulse tube over a period
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Figure 6: Temperature distribution along the axis of the pule tube at time instances of t = T/4 and t =
3T/4

3.4.

Velocity Distribution in the Pulse Tube

Fig. 7 shows the velocity distribution in the pulse tube over a period. It can be seen there are two
notable features about the velocity map. Firstly, the adverse velocity gradient occurs in the nearwall region. At the time instance of T/4, the pressure upstream reaches its maximum, forming a
gradient with the downstream pressure. So the fluid at the cold-end is pushed downstream and
accelerated. The velocity was relativity low in the region near the wall. On the contrary, at t = 3T/4,
gas parcels are squeezed and velocities are increased. Because of the blockage of wall and
porous zone, fluid must slow down. Secondly, there is an obvious velocity change at the cold-end
of the pulse tube during one period compared to the other regions of the domain.

Figure 7: Velocity magnitude distribution of the pulse tube and the vector map at the cold-end pulse
tube over a period

Fig. 8 shows the velocity vector map at the location of x =70 mm. The phenomenon can be
explained using electric analogy. The impedance in the cold-end heat exchanger is higher than
that in the pulse tube, so the fluid chooses the least resistance path that is going straight forward to
the pulse tube through the corner and the rest of the heat exchanger possessing more resistance
has less current. Thereupon, velocity at the corner goes up promptly due to the pressure change.
Nevertheless, the response of the rest area of the pulse tube is relatively slow, so the velocity near
the wall always leads map change. Accompanied by no-slip wall condition, the velocity diminishes
to zero at the wall boundary.
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Figure 8: Adverse velocity map at the location of x = 70 mm over flow time

Fig. 9 shows the intuitive velocity profile along the axis of the PT central line. It can be seen that
the velocity decreases monotonously over the pulse tube at the points of t = 0s and t = T/2 s. At the
points of t = T/4 s and t = 3T/4 s, the velocity variation is very small over most of the region in the
pulse tube, but the velocity increases dramatically first and then decreases near the cold end of the
pulse tube. When the flow time reaches to 0 and T/2 s, the pressure change rate in the pulse tube
is increased. Consequently, accompanied by the inertance of working fluid, velocity gradient along
the axis is formed. As for the flow time of t = T/4 s and t = 3T/4 s, pressure change rate is almost
zero, so the velocity keeps relatively constant. Due to the U turn near the cold end of the pulse
tube, the velocity

Figure 9: The centreline velocity profile of the pulse tube versus the axis location over a period

4. CONCLUSIONS
In this paper, we perform simulations on a coaxial PTR with inertance tube, and obtain the
temperature and velocity fields over the entire refrigerator. The unusual velocity distribution in the
lumped area is observed, and the velocity change is out of phase at that same cross-section during
a period. Besides, the PTR with anisotropic porous medium has better performance than that with
isotropic porous medium due to the lower axial conduction.
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NOMENCLATURE
A
E
h
p
Rg
t
T
Greek letter
α
ρ
ω
Subscript
0
f
eff

interfacial area density (m -1)
total energy (J)
heat transfer coefficient (W·m -2·K-1)
pressure (Pa)
gas constant (J·kg·K-1)
flow time (s)
temperature (K)

C2
f
k
Δp
S
Δt

inertial resistance factor (m -1)
frequency (Hz)
thermal conductivity (W·m -1·K-1)
pressure (Pa)
stress tensor
time step (s)

permeability (m -2)
density (kg·m -3)
angular frequency (Hz)

γ
μ


porosity
molecular viscosity (Pa·s)
source term

initial
fluid
effective thermal conductivity

in
s

pressure inlet boundary
solid
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ABSTRACT
Potential hazards should be seriously assessed and avoided when handing liquid hydrogen, such
as the flammable vapor cloud and the low temperature injury. A three-dimensional CFD model for
liquid hydrogen dispersion is developed, with the guidelines proposed by the Working Group of the
Architectural Institute of Japan constructing the wind environment. Spills with different vertical wind
flow profiles are numerically investigated. The increment in power law exponent of the wind profile
hinders the dispersion process, which enlarges the detachment distance on the ground, and reduces
the streamwise distance of the flammable vapor cloud. The increased vertical velocity gradient
hinders the cloud from rising up. The present work reveals the mechanisms and characteristics of
hydrogen cloud evolution in different wind flows.
Keywords: Liquid Hydrogen, Wind Flow, Vapor Cloud, CFD.

1. INTRODUCTION
Hydrogen energy has been widely used for aerospace propulsion (Wang et al., 2016), and shows
promising applications in vehicle fuels (Huo et al., 2017; Choi et al., 2013). However, the accidental
spills of liquid hydrogen into the environment may cause severe hazards, due to the low temperature
of the cryogen, and the flammability and explosion of hydrogen, which poses severe threats to public
safety.
The air plays important roles in the dispersion of hydrogen, including mixing with hydrogen to form
hydrogen vapor cloud and carrying the vapor cloud to the downwind domain. Many experimental
and theoretical researches have been carried out to investigate the wind effects in the past decades.
The large-scale liquid hydrogen spill experiments conducted by NASA (Witcofski and Chirivella,
1984; Chirivella and Witcofski, 1986) showed that the initial momentum of liquid spill and the rapid
expansion from a liquid to a gas in the cloud created turbulence levels far greater than the
atmospheric turbulence, controlling the vapor cloud dispersion in the near field. Sensitivity study for
the atmospheric stability was carried out by Middha et al. (2011) with FLACS, and the stable
configuration gave the most consistent results with the NASA experimental observations. Jin et al.
(2017) numerically analyzed the influences of wind velocity and wind temperature on the cloud
dispersion with ANSYS FLUENT. The increased wind speed extends the downwind distance of
flammable cloud, and the increased wind temperature retards the hydrogen diffusion. Shao et al.
(2018) investigated the cloud dispersion under various weather conditions, including ambient
temperature, wind speed and atmospheric pressure. The results show that the hydrogen dispersion
is excited with the increased wind speed, while it is impeded with the increased atmospheric
pressure.
However, the wind flow in the atmospheric boundary layer where the liquid hydrogen spill occurs is
commonly complex, with various vertical velocity profiles and turbulence profiles. In the present work,
the guidelines proposed by the Working Group of the Architectural Institute of Japan (AIJ) (Tamura
et al., 1999; Tominaga et al., 2008) are adopted to construct the wind environment. Then, liquid
hydrogen spills with different vertical wind flow profiles are numerically investigated.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

338

2. MODEL STRATEGIES
2.1.

Mathematical Equations

The liquid phase and the gas phase are both assumed to be incompressible, and the single fluid
mixture approach is adopted, i.e., the two-phase flow is predicted by solving the transient
conservation equations for mixture mass, mixture momentum and mixture enthalpy:
m
(Eq. 1)
+   ( m vm ) = 0
t

)

(

2
T

( m vm ) +   ( m vm vm ) = −p +    m vm + vm  + m g +   ( i i vdr,i vdr,i )


t
i =1
n
 n
( i i hi ) +     i v i ( i hi + p ) =   ( keff T )

t i =1
i =1

(

)

(Eq. 2)
(Eq. 3)

The local mass fraction of each species in gas phase is calculated by the convection-diffusion
equation:




( g gYg,i ) +   ( g g vYg,i ) = −   g  −( Dg,i + t )Yg,i  + mlgi − mgli
(Eq. 4)
t
Sct


where a modified expression of Lee model is adopted to simulate the liquid-vapor phase change for
hydrogen and water (Lee, 1979; Liu et al., 2019):
For evaporation: mlgi = evYl, i   l l (Tl − Tsat,i ) / Tsat,i , if Tl  Tsat,i
(Eq. 5)
For condensation: mgli = conYg, i   g g (Tg − Tsat,i ) / Tsat,i , if Tg  Tsat,i

(Eq. 6)

In addition, the Realizable k-ε model (Shih et al., 1995) is adopted here for turbulence closure. The
transport equations for k and ε are:
t  k 


 
(Eq. 7)
( k ) +
(  ku j ) =
  +
 + Gk + Gb − 

t
x j
x j 
 k  x j 
t


 
(  ) +
(  u j ) =
  +
t
x j
x j 



where C1 = max 0.43,


  
2


+

C
E

−

C
+ C1 C3 Gb


1
2

x
k
k
+

j 



(Eq. 8)

k
1  u u 
,  = 2Sij  S ji  , Sij =  i + j  , Gk is the generation of turbulent

 + 5
2  x j xi 


 

kinetic energy due to the mean velocity gradients, and Gb is the generation of turbulent kinetic energy
due to buoyancy.
The mathematical model has been validated in our previous work (Liu et al., 2019).
2.2.

Wind Flow Field

The wind environment adopts the guidelines proposed by AIJ (Tamura et al., 1999; Tominaga et al.,
2008), which were based on the cross-comparison between CFD predictions, wind tunnel test results
and field measurements. The vertical profile of velocity, turbulent intensity and turbulent length scale
of the wind in the atmospheric boundary layer under different terrain subcategories were given in the
guidelines. Table 1 lists the wind profiles involved in the present work, where β is the power law
exponent determined by terrain category, and ZG is the boundary layer height. The power law vertical
velocity profile is expressed as u( z) = u0 ( z z0 ) , where the reference height z0 is 10 m. The vertical
profiles of turbulent intensity I ( z ) and turbulent length scale L( z ) are expressed as


0.5
I ( z ) = 0.1(z zG )−  −0.05 (z ≥ 5 m) and L( z ) = 100(z 30) , respectively. For the height below 5 m, the

turbulent intensities for three terrains are 0.18, 0.23 and 0.31, respectively. Then, the turbulent kinetic
energy k(z) and turbulent dissipation rate ε(z) can be achieved:
3
k ( z ) = [u( z) I ( z)]2
(Eq. 9)
2
 ( z ) = C 3/ 4 k ( z )1.5 / L( z )
(Eq. 10)
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Table 1. AIJ recommendations for wind profiles under different terrain categories

Category

β

I
Open, no significant
obstruction
0.10

II
Open, few obstruction,
grass land
0.15

III
Suburban, wooded
terrain
0.20

ZG

250 m

350 m

450 m

Site condition

2.3.

Boundary Conditions

The calculation domain is schematically shown in Fig. 1. The dimensions are 200 m, 60 m and 80 m
in streamwise (x), cross-wind (y) and vertical (z) directions, respectively, and the symmetry plane
(y=0) is adopted so as to reduce the calculation cost. The source is represented by a horizontal cross
section with the size of 0.25 m × 0.5 m, with the center located at (20.25, 0, 0.5). A fence with a
height of 0.61 m, a thickness of 0.25 m, and an inner diameter of 9.1 m is also set up.

(a) Basic domain and boundary conditions
(b) Locally enlarged figure around the source
Figure 1: Illustration of the physical model of liquid hydrogen spills

Mass flow inlet condition is specified at the source exit. The total mass flow rate is 9.52 kg/s, with
the liquid mass fraction of 65%. The temperature of hydrogen at the source exit is set to be 20.35 K,
and the spill time is 38 s. The ground is modelled as no-slip wall, with initial temperature of 288 K.
The outlet of the domain is set as the pressure out boundary with the pressure of 101,325 Pa. In
addition, the top and back of computational domain are set as symmetry. The vertical profiles of wind
velocity and wind turbulence are given in the inlet domain. The relative humidity and the temperature
of the air are 29.3% and 288 K, respectively. Before the spill occurs, a steady calculation is performed
to achieve the wind flow field.

3. RESULTS AND DISCUSSION
In the simulations, the reference wind velocity is 2.2 m/s at 10 m height, and the wind flow profiles
adopted are listed in Table 1, with the power law exponents of 0.10, 0.15 and 0.20. Fig. 2 and Fig. 3
show the vertical distributions of wind velocity and wind turbulent intensity, respectively.
3.5

0.35
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=
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=
=
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Figure 2: Vertical distribution of wind velocity
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Figure 3: Vertical distribution of turbulent intensity
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Fig. 4 illustrates the hydrogen concentration contours on the symmetry plane at t=25 s, and Fig. 5
shows the cloud dimensions for the flammability hazard (hydrogen volume fraction above 4%) and
the detonation hazard (hydrogen volume fraction above 18.3%). It can be seen that the height and
the streamwise distance of the flammable cloud decreases with the increment in power law exponent
of the wind flow, while the detachment distance shows opposite trend, indicating less buoyancy of
the cloud. In addition, the dimensions for potential detonation hazard increase with power law
exponent, which worsens the situation.
The dimensions of the flammable cloud during the whole dispersion process with different power law
exponents are listed in Table 2, including the streamwise distance, the height and the detachment
distance on the ground. Compared with the variation in cloud height, the variation in streamwise
distance is less sensitive to β. When increasing β from 0.10 to 0.20, the streamwise distance reduces
by 9.52%, compared to 28.9% in height reduction.

(a) β=0.10
(b) β=0.15
(c) β=0.20
Figure 4: Hydrogen concentration contours on the symmetry plane at t=25 s
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(a) Flammable cloud
(b) Detonation cloud
Figure 5: Dimensions of the cloud on the symmetry plane at t=25 s
Table 2. Dimensions of the flammable vapor cloud during the whole dispersion process

β
Streamwise distance
Height
Detachment distance

0.10
84 m
45 m
31 m

0.15
81 m
37 m
35 m

0.20
76 m
32 m
42 m

As shown in Fig. 3, the wind turbulence increases with the power law exponent β. The increased
turbulent intensity will promote the dispersion of hydrogen vapor cloud. However, the results show
that the increment in β hinders the dispersion process, with the enlarged detachment distance on
the ground, and the reduced streamwise distance and height. A possible explanation is that the
increased vertical velocity gradient of the wind prevents the cloud from going up. The cloud will then
be less lifted and consequently have a reduced contact area with the incoming wind, which hinders
the mixing and carrying process.
Four locations downwind the source are selected to investigate the variations of hydrogen
concentration with time in the human activity domain. The results are shown in Fig. 6. The heights

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

341

60
45
30
15
0

0

10

20

30
Time (s)

40

50

60

0.60

0.10

=
=
=

0.48
0.36
0.24
0.12
0.00

0

(a) Location 1 (∆x=3 m)
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of the locations are 0.8 m, and the downwind distances to the source are 3 m, 8 m, 15 m and 25 m,
respectively. For the locations near the source (Location 1 and Location 2), the hydrogen
concentration is lower in the beginning of the spill process for a larger power law exponent. However,
when the cloud has spread for a certain time (approximately 25 s for both locations), the hydrogen
concentration begins to increase with power law exponent. Meanwhile, the locations relatively farther
from the source (Location 3 and Location 4) are exposed to the vapor cloud with higher hydrogen
concentration for most of the time when the spill occurs in the wind flow with a larger power law
exponent. The results indicate that the increment in power law exponent will make the near ground
domain get exposed to higher hydrogen concentration, especially for the domains away from the
source, which puts more threats to the surroundings.
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(c) Location 3 (∆x=15 m)
(d) Location 4 (∆x=25 m)
Figure 6: The concentration versus time histories for the locations 0.8 m above the ground

4. CONCLUSIONS
Liquid hydrogen spills under different wind flows are numerically predicted. The wind flow is
represented by the power law vertical profile proposed by AIJ. The effects of vertical wind flow
profiles on the evolution of hydrogen vapor cloud are analyzed. The main conclusions that can be
drawn from the simulations are as follows.
The increased vertical velocity gradient of the wind prevents the cloud from going up. The cloud
dispersion is hindered by the increased power law exponent of the wind profile, with the reduced
streamwise distance and height, and the enlarged detachment distance on the ground. The
increment in power law exponent makes the near-ground domain get exposed to higher hydrogen
concentration, especially for the domain away from the source.
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NOMENCLATURE
u
p
t
v
vdr,i
h
T
m
Y
keff

horizontal velocity (m/s)
pressure (Pa)
time (s)
velocity (m/s)
drift velocity for phase i (m/s)
enthalpy (J/kg)
temperature (K)
rate of mass transfer (kg/(s·m 3))
Mass fraction of species in phase
effective heat conductivity (W/(m·K))

Greek symbols
α
volume fraction
μ
viscosity, kg/(m •s)
ε
turbulent energy dissipation rate (m 2/s3)
β
power law exponent
ρ
density (kg/m3)
Subscripts
0
reference value
m
mixture phase
l
liquid phase

g
n
k
z
I
L

gravity acceleration (m/s2)
number of phases
turbulent kinetic energy (m 2/s2)
height (m)
turbulent intensity
turbulent length scale (m)

g
sat
i
l,i
g,i

gas phase
saturation
liquid phase or gas phase
species i in liquid phase
species i in gas phase
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ABSTRACT
Many quantum computing approaches require deep cryogenic refrigeration to preserve quantum
coherence using superconducting or high electron mobility topological materials. State-of-the-art
cryo-refrigerators achieve 20 mK with a step at 4 K using a regenerative Gifford-McMahon cycle with
a total COP of 10-9. Huge amount of energy is required to cool the lattice while conduction electrons
are the ones used for information processing. High performance computing requires very fast
operations on qubits. Here we investigate the possibility to develop thermodynamic cycles for
transient cryogenic cooling of non-equilibrium electrons inside the quantum computer circuit. Under
moderate cryogenic conditions and in picosecond range, compression and expansion of Fermionic
electron gas can be achieved without exchanging energy with the lattice. Device geometries are
investigated for modulating electrostatic confinement of electrons to mimic Joule-Thomson
refrigeration. Preliminary investigation of COP is also reported.
Keywords: Cryogenic Cooling, Joule-Thomson Effect, Non-Equilibrium Electrons, Thermoelectrics.

1. INTRODUCTION
We study the potential to utilize electron gas in a solid as a refrigerant. This concept is based on the
same thermodynamic behaviour of non-equilibrium electron (NEs) considered as a working fluid for
a solid-state heat engine (Yazawa and Shakouri, 2016). Many quantum computing approaches
require deep cryogenic refrigeration to preserve quantum coherence using superconducting (Ladd,
2010) or high electron mobility topological materials (Wan, 2015). State-of-the-art cryo-refrigerators
achieve 20 mK with a step at 4 K using a regenerative Gifford-McMahon cycle with a total coefficient
of performance (COP) of around 1 per billion (10-9) by multiplying the COPs that are about 10-4 to
reach 4K (Satoh, 2002) and 10-5 to reach 20 mK (Hornibrook, 2015), respectively. Huge amount of
energy is required to cool the lattice while conduction electrons are the ones used for information
processing. Such sub-Kelvin cooling effort is indispensable since removal of relatively large noise
(decoherence) by thermal fluctuation is critical for the very fast operations on qubits in high
performance computing. Electron-phonon interactions are one the major contributors limiting the
coherence of electronic wavefunction in a solid. Due to the large difference in the number of electrons
and the lattice atoms per unit volume, their scattering times can be very different. For instance,
phonons take more than 100s femto seconds to respond in gallium arsenide (GaAs) at room
temperature. Within that short duration of time, highly excited NEs can move across the solid without
interacting phonons (thermalization). Based on this mechanism, we investigate the possibility to
develop thermodynamic process or cycle for highly transient cryogenic cooling of electrons, which
may be potentially applicable to directly cool electrons in a quantum computer circuit. Phonons
scattering times are slower under cryogenic temperatures hence transient cooling in 10s of
picosecond range may be possible. The device structure can be similar to high electron mobility
transistors (HEMTs) where the confinement of the 2D electron gas can be modulated by electrostatic
confinement of electrons mimicking Joule-Thomson effect. Preliminary investigation for COP is also
reported.

2. NON-EQUILIBRIUM REFRIGERATION
Before handling non-equilibrium electrons (NEs) as a gas, we consider the general characteristics
of electrons in the following section. Joule-Thomson effect is considered for refrigeration process
using NEs through expansion of electron gas in a confined volume of semiconductor solid. It is in
contrast to what we investigated the compression by using electrical filed plus geometric confinement
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for a thermodynamic power generator in our previous study. A preliminary discussion of the device
consideration is followed by the performance analysis in later sections.
2.1.

Non-Equilibrium Fermi Gas

Electrons in a solid follow Fermi-Dirac energy distribution according to the Pauli Exclusion Principle.
Free electrons occupy an energy level over conduction band of a semiconductor are considered as
energy carriers freely moving inside a confined solid space (lattice). Behaviour of the free electrons
is commonly accepted as a Fermi gas. The non-equilibrium energy distribution of electrons happens
within 100s femto seconds (e.g. GaAs) after excitation (Langot, 1996) and before electron-phonon
interactions begin to dominate energy transport (Sarma, 1990;Harris, 1998).
In order to develop a refrigeration mechanism, the characteristics of the Fermi gas are reviewed
here. Let’s assume a carrier density n per unit volume in a semiconductor material. The carrier
density is controlled by introducing foreign species to the lattice by a doping process so that excess
electrons can be added. Once the device is biased, the Fermi level EF in eV is determined by the
contacts. With bandgap Eg in eV as the intrinsic material property, the carrier (electron) density is a
function of electron temperature. Note that this temperature does not necessarily match to the lattice
when electrons are in a non-equilibrium state (e.g. excited by an ultrafast external input energy).
𝑛=

8𝜋√2 ∗ 3 ∞
√𝜀−𝐸𝑔
𝑚 2 ∫𝐸 exp((𝜀−𝐸 )⁄𝑘 𝑇)+1 𝑑𝜀
ℎ3
𝑔
𝐹
𝐵

Eq. (1)

where h = 6.63x10-34 in Jxs is the Planck constant, kB = 1.38x10-23 in JxK-1 is Boltzmann constant, m*
is effective mass of electrons relative to the mass in vacuum m0. For GaAs, m* = 0.067 m0. The
relationship comes from Fermi distribution times density of state of electrons.
In order to discuss the heat exchange in a confined region, we use a 2-dimensional (2D) electron
gas structure, such as high electron mobility transistors (HEMT), which is commonly used in highspeed switching devices (Miura, 1980).
Non-equilibrium electrons (NEs) can be considered as a free gas only in a very short time. When
NEs are created by energy input or temperature step pulse, it takes some time for the energy to be
transferred to lattice vibrations, which is represented by phonons, through a process called
thermalization. Following figure shows the electron-phonon relaxation time for GaAs as an example.
At room temperature or lower, the time to respond significantly increases to approximately 10
picoseconds.

Figure 1: Electron-phonon relaxation time is a strong function of the lattice temperature

2.2.

Refrigeration with NE gas

Compression stage for a gas compression cycle can be implemented with NEs. We are handling
NEs as single-phase gas for the analysis. Hence the reverse Brayton cycle could be one approach
for refrigeration. A challenge for NEs gas cycle is found at heat exchangers especially at the cooling
spot. Heat absorption from lattice is low due to the small heat capacity of NEs.
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Joule-Thomson effect can be much simpler especially for applications of heat removal from a small
region, e.g. Micro Miniature Refrigerators used in optics (Little, 1983). In this study, gas expansion
is not a volume increase, but instead, density of particles is reduced using electrostatic potential from
a gate, as illustrated in the following Fig. 2.

Figure 2: State change by Joule-Thomson effect with NE gas

In the Fig. 2, T represents the particle temperature but not the lattice temperature. Since the particles
are in a solid, the volume and mass can be constant and do not change, while particle density n
changes. Joule-Thomson coefficient 𝜇𝐽𝑇 by definition (Maytal and Pfotenhauer, 2013) is found as
the following.
𝜕𝑇

𝜇𝐽𝑇 ≡ (𝜕𝑝) =
𝐻

𝑇𝑉
(𝛽
𝐶𝑝

1

− 𝑇)

Eq. (2)

where p is pressure in Pa, T is temperature in K, V is volume in m 3, 𝐶𝑝 is effective specific heat at
constant pressure in Jxkg-1xK-1. 𝛽 is the effective volumetric thermal expansion coefficient in K-1 as,
1 𝑑𝑛

𝛽 = − 𝑛 𝑑𝑇

Eq. (3)

One should note that Eq. (2) can be applied to non-degenerate electron gas when Boltzmann
statistics is valid. As 𝛽 is always negative, 𝜇𝐽𝑇 is negative. This is not useful for cooling purposes.
One can make the Joule-Thomson coefficient positive by transient switching of the Fermi level. The
difference in carrier density can be used to create a positive Joule-Thomson coefficient, leading to
refrigeration. The change of n by changing in Fermi level 𝐸𝐹 in eV is quite sensitive especially at low
temperatures. The following figure illustrates the carrier density as function of temperature for
different Fermi levels (from 1.3 to 2.0 eV) for the case of GaAs whose bandgap Eg is 1.424 eV.
Drastic drop in cryogenic temperature range suggests a large sensitivity of carrier density to
temperature and volume. Also, it is understood that electron-electron scattering can be very fast, so
electrons can behave as a gas with a single quasi-Fermi level.

Figure 3: Carrier density as function of temperature for different Fermi levels in eV (different colors)
for GaAs (Eg = 1.424 eV)

According to the model Eq. (1), the critical carrier density n to determine 𝜇𝐽𝑇 = 0 is calculated and
shown in Fig. 4. Fig. 5 shows the change in Fermi level (offset) required to fulfill the critical density
as function of temperature. The critical curve with 𝜇𝐽𝑇 = 0 is sometimes called as inversion curve.
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Figure 4: Joule-Thomson critical carrier density as function of temperature.

Figure 5: Offset of Fermi level compared to the initial value at 1.42 eV

2.3.

Cooling of Hot Spot

Within few picoseconds, high-energy free electrons need to expand. Then, the electron temperature
is reduced. In order to benefit from this process to make low noise devices, the region of heat input
and expansion process must be small enough to allow non-equilibrium electron transport. The length
scale of the cooling spot can be indirectly found by energy relaxation length (Shakouri, 1998) which
is 23x10-9 m at room temperature in GaAs under 5 kV/cm field and becomes much longer for
cryogenic temperatures. Hence, the size of the cooling region should be on the order of submicron
to couple of microns. As one potential application, direct cooling of 2D electron gas in the HEMT
channel can be considered. This can create a low-noise “classical” electronic device.
For computing via qubits, one should consider devices where there is quantum entanglement
(Horodecki, 2009). This is a subject of future study whether if the expansion mechanism clearly
matches the dimensions of the qubit information processing region. The dimension depends on
specific quantum computing technology, e.g. using spin-orbit coupling, topological insulators, etc.
2.4.

Performance

Since NEs are considered as refrigerant, effective heat capacity and the number of energy carriers
are the key parameters to investigate. Well-known classical expression of heat capacity in constant
volume is 𝐶𝑣 = (2⁄3) 𝑘𝐵 𝑇. This is valid at low electron density when Boltzmann statistics dominates.
Due to the Fermi-Dirac statistics for electrons, as described in section 2.1, the specific heat at high
concentrations is constrained by Fermi level and determined as,
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𝐶𝑉 = 𝐶𝑣 ⁄𝑛 =

𝜋2 𝑘𝐵 2 𝑇
2 𝐸𝐹

Eq. (4)

where 𝐶𝑉 in heat capacity per electron at constant volume in JxK-1 (Kittle, 1996). The value of specific
heat 𝐶𝑣 in Jxm -3xK-1 largely differs from ideal gas and can be as small as nearly one hundredth.
At short times, when electrons are in non-equilibrium state, the heat energy absorbed by the
available NEs is found as,
𝑛2

𝑄 = ∫𝑛1 𝑛

𝜋2 𝑘𝐵 2 𝑇
𝑑𝑛
2 𝐸𝐹

Eq. (5)

where n1 and n2 are carrier densities at T = T1 and T = T2, respectively. To make the change from n1
and n2, an external energy must be applied at the same time duration, which is
𝑊 = (𝑛2 − 𝑛1 )𝑒

Eq. (6)

Where, e is elemental charge of electron 1.6x10 -19 in JxeV-1. Calculation result of COP = Q / W is
shown in the following figure. The result shows COP in the range of 10-3 – 10-2, which is lower
compared to off-the-shelf vapor compression cycles at smaller temperature differences near room
temperature. Interestingly, however, the COP is larger at larger temperature differences at cryogenic
target temperature range. With GaAs, COP of 10-3 is significantly higher than that of a state-of-theart mechanical cryo-refrigeration currently used for quantum computers. The COP seems to be
asymptotic to a single value 1.18x10-2 as the target temperature approaches sub Kelvin region. This
requires additional investigation if this is a fundamental limit. In this model, COP at temperatures
below 4 K may require few-electron devices since carrier density is so low. Overall, this initial analysis
shows potential for quantum refrigeration of electrons at cryogenic temperatures.

Figure 6: Preliminary COP versus temperature delta from 300 K. This calculation is based on GaAs
with EF = 1.4 eV (Intrinsic career density n = 2.6x1016 1/cm3)

3. CONCLUSIONS
Nonequilibrium electrons are investigated as a refrigerant via Joule-Thomson effect. Preliminary
analysis of key factors and performance limits are presented. We identified a critical carrier density
to get positive Joule-Thomson coefficient, where the cooling of electrons can be achieved. JouleThomson coefficient is very sensitive and can be controlled via Fermi-level, which could be modified,
for example, by very fast changing gate voltage in a 2D electron gas transistor configuration. By
directly cooling electrons, a combined functional carrier of information and heat could be considered
for the future quantum computing. Heat capacity of electron is very small compared to the lattice, it
is a preferable benefit to directly cool free electrons, where significantly smaller power should be
required rather than cooling the entire solid. Very preliminary COP analysis suggests several orders
of magnitude larger COP if this approach is extended to an integrated qubit device for quantum
computing.
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NOMENCLATURE
C
n
Q
W

JT

Heat capacity (J×K–1)
Carrier density (m -3)
Heat amount (J)
Electricity (J)
Joule-Thomson coefficient (KxPa-1)

m
p
V



mass (kg)
Pressure (Pa)
Volume (m–3)
Thermal expansion (K-1)
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ABSTRACT
At CERN, evaporative CO2 is the baseline cooling solution for the thermal management of the phase-II
silicon detectors, which will be installed in 2025 in the ATLAS and CMS experiments. Since 2008 CO2
cooling is used in 3 detectors with capacities ranging 1 to 15 kW at -30°C. A special pumped cycle was
developed to guarantee accurate temperature control under all operational conditions.
The challenges for the upgrade are the large increase of the cooling power (300 - 550 kW), the large
number of parallel operating evaporators (~1000x), the low evaporative temperature (-45°C) and the
implementation of a primary R744 trans-critical cooling system.
Implementing this R744 primary cooling solution will make the future detector cooling to work fully with
natural working fluids (R744 and R718).
This paper describes the design and prototyping phase of the system with surface storage and the new
primary R744 system, which bridges the industrial applications of R744 refrigeration to the highly
demanding performances of high-energy physics experiments.
Keywords: Refrigeration, Carbon Dioxide, R744, CERN, 2PACL, Transcritical.

1. INTRODUCTION
The CERN Large Hadron Collider (LHC) (Evans et al., 2008) has four detectors. The two largest being
CMS (Chatrchyan et al.,2008) and ATLAS (Aad et al., 2008) will undergo a major upgrade in the 3rd long
shut down period since the start in 2008. Currently this upgrade is scheduled to take place in 2025. The
LHC accelerator will be upgraded to an increased luminosity by a factor of 10. The detectors must be
upgraded to cope with this increased luminosity, which requires higher precision, faster electronics and
the resistance to higher radiation levels. In both ATLAS and CMS the full inner tracking detector will be
replaced and an extra timing detector layer in front of the calorimeters will be installed. Additionally, in
CMS a part of the Calorimeter will be upgraded.
All new detectors will use silicon detector technologies, which need effective cooling to remove the
relatively large heat produced by the sensors and electronics. To minimize the radiation damage
received from the particle flux, the silicon requires to be cold at all times (typically <-10°C for the sensors,
leading to -40°C in cooling pipes). The additional design requirement for low mass and hence small
cooling pipes have led to the choice of using evaporative CO2 cooling. CO2 can work with small cooling
pipes due to its high evaporative pressure. It is radiation hard and has the right temperature range for
detector operation. The operative temperature range for detector cooling is from 15°C down to -45°C,
fitting well in the 2-phase area between the critical point at 31°C and triple point of -56°C.
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2. OPERATIONAL CO2 SYSTEMS AT CERN
Currently at CERN 3 detectors have been equipped with CO2 cooling and all have run successfully for
years. The 1st CO2 system at CERN was the cooling for the LHCb-Velo detector (Verlaat et al, 2008),
which was recently retired since the operation start in 2008. Since then the ATLAS and CMS inner pixel
detectors have been upgraded in 2014 and 2016with a similar technology and are operating successfully
since then (Daguin et al., 2015).
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Figure 1: 2PACL concept for detector cooling.

The basic principle of the CO2 circulation and conditioning through the detectors is the so-called 2-Phase
Accumulator Controlled Loop (2PACL) method (Verlaat, 2018). In this cycle, shown in Figure 1 ,
subcooled liquid CO2 is pumped through a 100 m long, concentric transfer line towards the cooling loops
of the detector, which are situated underground. The subcooled liquid is heated in the concentric transfer
line by exchanging heat with the returning 2-phase flow such that the cooling loops are in saturation with
a low entrance vapour quality. The cycle is plotted with corresponding numbering of Figure 1 in the PH
diagram of Figure 2. Under full load, the vapour quality at the evaporator outlet is about 35%. This low
vapour quality range gives the best heat transfer behaviour in the detector cooling loops. The returning
flow is in 2-phase state and is condensed and subcooled in a heat exchanger in the plant, which is
cooled by an external chiller system.
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Figure 2: 2PACL operation at two different temperatures in the PH-diagram.
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The return line is connected to a 2-phase accumulator, which is pressure controlled by a combination
of heating and cooling. This vessel is designed such that always a 2-phase mixture is present and hence
the pressure can be controlled by the saturation temperature. The return line pressure drop from the
detector loops to the plant is low, so the accumulator has a direct control over the cooling loop pressure
and hence temperature with just a slide offset. The 2PACL method proved to be ideal for detector cooling
as it can regulate the cooling loop pressure and hence temperature in a very large range from room
temperature down to the target temperature for the future detectors as low as -45°C. The room
temperature operation is used usually for commissioning when the detectors are exposed to ambient
conditions, while during physics operation a cold cooling is needed to guarantee the detector
performance. The cooling temperature can be controlled stable within 0.1K independent of the detector
headload, which can be switched off or be at full power. During start-up the 2PACL is transferred in a
full liquid system to guarantee a slow and controlled cool down of the sensitive detector without thermal
shocks of arriving liquid slugs.

3. FUTURE CHALLENGES
The CO2 cooling needed for the phase 2 upgrade in 2025 has to cool a magnitude more power than the
current systems. 300 kW cooling power is needed in ATLAS and 550 kW cooling power in CMS. The
needed cooling temperature in the detectors is around -40°C, while current systems operate at -30°C at
lowest. This decrease of temperature becomes a challenge as this requires a plant saturation
temperature in the order of -45°C. The pumps need several degrees of sub cooling bringing the liquid
temperatures below -50°C. This becomes close to the triple point of CO2, a real hard limit for a CO2
system. Figure 3 shows a typical temperature profile of a CO2 cooling circuit from the plant to the
evaporator loops in the detector. On the right side, the highest cooling temperature is shown in the
detector. From there the temperature decreases towards the cooling plant due to the pressure drop it
encounters along the way in the return line. The biggest pressure and hence temperature drops are
generally inside the detector cooling loops and the distribution lines called flex lines in this graph. These
pressure and hence temperature drops are relatively high as the tubes are smaller than usual due to
integration constraints and mass savings. The transfer lines connecting the detector cooling loops to
the plant can be larger as there is more space to route them, pressure drop is generally much lower as
shown in Figure 3. In the plant the liquid is subcooled by an external primary chiller. A liquid pump is
circulating the CO2. The subcooled liquid from the pump is heated by heat exchange with the return flow
in the concentric transfer line. This exchange ensures a proper evaporation in the detector with low
vapor quality. In the graph, the blue line (subcooled liquid) approaches the 2-phase return temperature
(red line) along the way and follows it to the evaporator in the detector.
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Figure 3: Temperature profile of the cooling system from plant to detector.
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A large challenge of cold temperature operation is the stability of the primary cooling. In Fig. 2, a vertical
and a diagonal red dotted line are shown. One with an offset to the liquid saturation line, illustrating a
minimum sub cooling, and a second one with an offset from the freezing line. State point 11 (11’) needs
to be in between these two lines for a proper operation. It may vary or remain stable as long as it remains
in between. At colder temperatures, the lines come closer together. This means that the primary cooling
needs to be more stable and more accurate. At the point where the lines come together, a very stable
primary cooling is needed. Stretching the cooling further to lower values would mean that the margins
of sub cooling or freezing need to become smaller. This is a large challenge for the future CO2 cooling
systems.

4. CO2 COOLING PLANTS
Hydraulic

The detectors request a total cooling power of
head
Stroke
adjustment
several hundred kilowatts. The largest build
2PACL so far is a 15 kW unit for the CMS phaseGear box
1 upgrade. The phase-2 upgrade detectors
Electro
consist of several sub detectors, which might
motor
require different temperatures and are in
different locations. A segmentation of multiple
individual units is foreseen. The current concept
for a unit contains a 100 kW cooling plant with a
triple remote head membrane pump (Figure 4).
This capacity allows the use of known
components with a proven heritage of the
previous systems. A 100 kW segmentation gives
Flow control box
a reasonable amount of plants, which is
mono block
important for integration and maintenance.
Pump heads in
individual foam boxes
The triple pump head configuration gives the
Strong support frame
(pump weigh 2873 kg)
possibility to make smaller plants by removing a
pump head. Like this, the plant sharing between
Figure 4: The phase-2 upgrade CO2 cooling plant.
the several sub detectors can be optimized.
ATLAS is foreseen to be equipped with five
double head pump units and one single head pump unit. CMS will have three triple head units and two
double head units. Both detectors will have one spare triple head pump that can be swapped with
operational units in case of problems or maintenance. Silicon detector cooling must always work, even
if the detector power is switched off. If a silicon detector, which has been exposed to a significant
radiation, warms up, the damage in the crystal lattice caused by radiation will become worse and can
destroy the detection performance. Therefore, the cooling must always stay on, and a serious automatic
back-up system guarantees a continuous cold operation, whether there is an electronic heat load or not.
Error! Reference source not found. shows the layout of the experiment and the different location of
system elements. The plants are in the so-called service cavern, which shields them from radiation
present in the detector cavern. All other systems like primary cooling and surface storage are on the
surface.
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Figure 5: Schematic overview of the experimental area of the ATLAS and CMS detector.

5. SURFACE STORAGE
A 2PACL plant usually has an accumulator volume of about three times the system volume (Verlaat,
2018). With this volume ratio, the accumulator can serve all operational conditions. An accumulator
must always have a saturated mixture so the pressure in the system can always be controlled by heating
or cooling. The lowest accumulator level usually occurs at start up where the system is liquefied
completely under pressure and where the remaining quantity of liquid in the accumulator is minimal due
to the increased vapour density and reduced liquid density. The highest levels occur during maintenance
when the accumulator is used for storage. The loop volumes for the phase-2 upgrade are significantly
larger than the systems we had so far. A traditional 2PACL system will lead to very large high-pressure
accumulators, which are expensive to make and have problems fitting in the small space available
underground for integration. Typical volumes of a system is in the order of 300-400 litres, which will lead
to accumulators of about 1m³ each, which is unacceptable.
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During operation, the system parameters are very stable. This means that the power and accumulator
set-point temperature are constant. Consequently, there are no large fluid content fluctuations in the
accumulator. Therefore, the use of a smaller accumulator as control device is possible under these
conditions. A system with an undersized accumulator must have different charges as a function of its
operational temperature or heat load. For the future systems, the variable charge is obtained by fluid
exchange with a common supply, which is located at the surface, where sufficient integration capacity
is present. A schematic overview of the integration situation with respect to surface storage is shown in
Error! Reference source not found.. The 2PACL system with surface storage integration is shown in
Figure 6. A simple 2PACL would have only the valves VL2 and VL3. The surface storage need the extra
valves VL1, VL4, VL5 and VL6. The surface storage pressure is kept low such that standard cryogenic
storage vessels can be used. The final design pressure is still under investigation based on the
availability of equipment. At cold operation of the 2PACL the accumulator set-point is below the surface
storage pressure and a fill of CO2 from the surface is achieved by VL5. In case a fluid return to surface
is needed VL6 is opened. This requires a pump discharge pressure, which is higher than the surface
storage pressure. The pump must work with typical pressure differences of about 20 bar or more to be
able to do so. The pressure drop over the cooling lines towards the detector is, typically, 10-20 bar as
the distribution to the many parallel cooling loops require it. The pump is a membrane pump and has a
large pressure head capacity for this reason. In
case a larger pressure difference than the
detector loops is needed, an extra valve VL1 is
present to increase the pump discharge.
Surface storage with
A key property of the 2PACL method is the
pressure control
pressure stability and hence temperature
stability in the detector. A surface storage
operation
would
introduce
unwanted
instabilities in the system when being active
80m
permanently. Under stable circumstances, Accumulator
there is no need for surface storage control.
The accumulator is the main pressure control
object and surface storage kicks in if
VL6
accumulator liquid levels reach a certain
Evaporators
threshold. Like this, surface storage is only
VL5
VL4
active during dynamic operations such as
temperature set point change or power
VL3
changes. During detector operation when the
Condenser
load is stable we benefit from the pressure and
hence temperature stability of a 2PACL
Transfer
Pump
VL1
VL2
line
system.
The new concept of surface storage will be
prototyped in an existing system build to study
2PACL
concept with
storage
Figure 6: 2PACL
system
withsurface
surface
storage.
the cold operation called Baby-DEMO
(Zwalinski et al.,2018).
Accumulator

6. PRIMARY R744 COOLING
Evaporators

As discussed in section 3, a very stable primary cooling source able to cool the CO2 below -50°C is
needed. The primary cooling plant must be placed on the surface, as there is no space in the
underground cavern (Error! Reference source not found.). The primary
VL3cooling must cope with large
Condenser The primary cooling system uses also
load variations, and remain stable in evaporation temperature.
CO2 as working fluid, which is referred to as R744, to distinguish both CO2 system fluids from each
Transfer
Pump
other. R744 is selected as it allows having the evaporators
underground VL2
and bridging
the 80 m height
line
difference between underground and surface within a single system. The use of low-pressure
refrigerants will encounter too many losses on the way to the surface; an intermediate brine system
Normalmakes
2PACL concept
would be needed in case. The introduction of R744 in the primary system
the full detector cooling
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to work with natural refrigerants and is in line with the general CERN environmental policy of minimizing
all the emissions of Green House Gases (GHG).
The primary R744 cycle is a trans-critical cycle with two compressor stages. Figure 7 shows the concept
schematics and Error! Reference source not found. shows the operation in the PH-diagram. The
system contains of several parallel compressor slices (the green fields), which can be activated as a
function of the load. Each compressor slice has a target capacity of 50 kW at -53°C. The last activated
slice is doing the fine control of the capacity by the use of a hot gas bypass valve CV12, and is in
principle able to operate without any load (full bypass). Like this, the system can operate from no load
to full load (300 kW in case of ATLAS and 550 kW in case of CMS) and remain stable within the order
of one degree. The final capacity of the system will be tuned with the amount of compressor slices
adapted. The example shown in Figure 7 shows two slices and is the prototype, which is currently under
design.
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Figure 7: The primary R744 trans-critical cold temperature system.

The evaporators underground have an internal heat exchanger (7-8) to post-heat the evaporator cold
gas (7) to ambient temperature conditions with the supplied ambient temperature liquid from the surface.
The supply liquid (3) and return gas lines (8) do not need insulation, saving cost and integration space.
The warm transport of gas also has the advantage that the losses on the return pressure drop by static
height are minimal due to the reduced density of the gas at higher temperatures. A larger return tube
solves the impact of the higher speed due to the lower density.
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The warm gas is precooled before it enters the LP compressor to minimize the compressor suction
superheating (11) and discharge temperature (12). The precooling is achieved by a heat exchange to
the liquid inlet of the inter stage cooling (5li). The inter stage pressure is controlled around a saturation
temperature of about -15°C and pre cools the warm gas (10) to such similar temperature. An exchange
with another circuit was chosen above liquid injection, as liquid injection in a system working close to
the triple point pressure risks to make dry-ice. An extra fluid injection is also not favourable for the
stability of the suction pressure. The precooling by the heat exchanger in principle allows the plant to
work even below the triple point as only gas is present in the suction lines. The risk of liquid and hence
ice suction is minimal as the evaporators are 80 m down. To avoid dry-ice formation in the evaporators
(6-7), the suction pressure of the compressor slices is controlled to be above the triple point. The losses
in pressure of the return line guarantee an offset and safe margin from the triple point in the underground
evaporators. Only in case the losses on the way are larger than foreseen, the system above ground can
also be operated at a pressure lower than the triple point.

Figure 8: The primary R744 trans-critical system operation in the PH-diagram.

The R744 primary chiller rejects its heat directly to air at both compressor discharges. At the common
equipment slice a water cooled heat exchanger is present to guarantee a fixed gas cooler outlet
temperature all year long. This combined air/water cooling makes the system not fully dependent on
water-cooling. The system is designed such that with a limited functionality loss the system can also run
on air cooling only. The usual maintenance period for the water system is in the winter and this has a
limited impact on the system performance due to the cold air temperature available for air cooling. A
cooling water failure in the summer will reduce the capacity of the system, but is likely to be fine with
the build-in margins. In addition, the control of the gas cooler pressure can be introduced to boost the
efficiency of gas cooling with the prize of a lower COP, which is very acceptable. All what counts for the
detector cooling is the reliability of having a stable cooling.
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7. CONCLUSIONS
Since 1999, CO2 cooling has been developed for detector cooling. Up to now, small detectors have
been equipped successfully and the technology is mature enough to be applied in large scale for the
phase-2 upgrade in the upcoming mid-twenties. The scaling up being more than a magnitude requires
adaptations to the standard operation. Due to the scaling up, a research program is ongoing to reduce
the amount of CO2 underground in the systems. A common CO2 supply on the surface is being
considered. New is also the introduction of the primary cooling to be CO2 (R744), making the system to
be fully working with natural working fluids, paving the road for a green future of CERN.
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ABSTRACT
In large scale superfluid helium system, cold compressor is utilized to pump down gaseous helium
from saturated liquid helium tank for producing superfluid helium. In this paper, a three-dimensional
geometry of the whole stage of the cold compressor is designed and simulation is carried out to
verify the performance. Considering the extremely low inlet pressure and temperature of each cold
compressors, the real gas effect is considered to design and simulate such flow passages of each
stage. To improve the accuracy of the simulation results, helium properties obtained by different
equations of state are compared with NIST database. As a result, the ARK state equation maintains
the maximum deviation of density and specific heat below 1.8 %. Then it is utilized in CFD simulation
and the details on the flow field within the stage is presented.
Keywords: Superfluid Helium, Cold Compressor, Numerical Simulation, EOS.

1. INTRODUCTION
The technical properties of helium II (‘superfluid’ helium) are presented in view of its applications to
the cooling of large particle accelerators, nuclear fusion device and other large-scale scientific
facilities. To obtain superfluid helium cooling@2K, it is necessary to maintain an absolute pressure
below 3.1 kPa on the heat sink of a 2 K cryogenic system. Bringing the saturated vapor up to
atmospheric pressure, thus it requires compression with a pressure ratio exceeding 40. To fulfil the
demand of large pressure ratio and producing refrigeration below 2 K, several methods were
investigated, such as cold cycle and mixed cycle. Details of the operating principles and advantages
of each cycle can be found in the reference (Lebrun and Tavian, 2015). Whatever cycle is used, cold
compressor which is short for cryogenic centrifugal compressor must be used to pump flow from a
few kPa up to a high pressure. This technology, has been first presented in the Tore Supra tokamak
in France (1986) for a helium refrigerator with a capacity of 300 W@1.8K (Gravil et al., 1998). Then,
the cryogenic system at CERN-LHC was comprised of a warm compressor (WC) and 4 cold
compressors to achieve a capacity of 2.4 kW@1. 8 K. Recently, more and more large scale
superfluid helium system, such as CMTF, XFEL, ESS and LCLS-II, is being built. And cold
compressors system is chosen as the core component to construct the superfluid helium system
(White et al., 2014; Bozhko et al., 2017; Wang et al., 2014; Wang et al., 2017).
It is clear that a better efficiency of the flow passage of the cold compressor will considerably affect
the economical parameters of the cryogenic system. Nowadays, a design procedure through a deep
understanding of the flow characteristics and the origins and effects of various losses can help
designing a normal centrifugal compressor. However, considering the extremely low intake pressure
and temperature of the cold compressor, it is almost impossible to observe the flow pattern inside
the flow passages on the test rig. With the development of computer technology, numerical
simulation technology has become an important and effective tool for studying the internal flow of
turbomachinery in cryogenic field. For example, Sam has done 3D turbulent flow analysis of a
cryogenic turbo expander for small scale air separation using ANSYS CFX (Sam et al., 2017).
ZHANG has obtained the steady operating range of cold compressor, unsteady flow in the case of
low mass flow or high pressure ratio by CFD (Zhang et al., 2015). Geng has discussed the influence
of the length of the tip clearance between the impeller and shroud by using ANSYS CFX (Geng et
al., 2018).
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In the development process of the superfluid helium cryogenic system, a series of 3 cold
compressors is designed and assembled at TIPC, CAS. In this paper, a three-dimensional geometry
of the whole stage of the cold compressor is designed. Simulation, considering the real gas effect,
is carried out to verify the performance using the commercial program code ANSYS CFX.

2. MAJOR DIMENSIONAL PARAMETERS OF COLD COMPRESSOR
The large cryogenic refrigeration system for Super-Liquid Helium is being developed in TIPC, CAS,
centrifugal compressors are applied to compress pure gaseous helium from 3.3kPa@3. 2K to 45kPa
with the mass flow rate of 30g·s-1. As the pressure ratio up to 14, a series of three stages of cold
compressor is adopted. The mechanical structure of the cold compressor is shown in Fig. 1. Based
on fundamental estimation and calculation of compressors impeller and diffuser, the pressure ratios
of those three-stage compressors are designed as 3.3, 2.5 and 1.8 respectively. Due to space
limitations in this paper, only the parameters of the second stage cold compressor will be introduced
and analyzed.

Figure 1: Mechanical structure of the helium cold compressor

The structure diagram of the impeller, diffuser and volute are designed one dimensional by our own
programmed code. In order to obtain high efficiency, backward-skewed blades are used.
Furthermore, the efficiency of using vane diffuser is higher than that of vaneless diffuser, but as a
trade-off, finally a vaneless diffuser is adopted to get a wide operating range. And then based on its
data, a three-dimensional model is created which is shown in Fig. 2. The details of its specified
parameters are shown in Table 1.

Figure 2: Model of the second stage
Table 1. Detailed geometrical specification of the stage

Item
Fluid type
Rotating speed
T01
P01
T08
P08
M

Parameters
Helium
50000 rpm
6.9 K
11.5 kPa
12 K
32 kPa
30 g/s

Item
ZR
R1h
R1t
R2
B2
Tclr
R4

Diffuser type

Vaneless

Volute type

Parameters
13
7.3
18 mm
39 mm
3 mm
0.2 mm
65 mm
Asymmetric
circular volute
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3. CFD SIMULATION OF COLD COMPRESSOR
3.1

Grid Independence and Boundary Condition

As depicted in Fig. 2, a full-passage steady state model is chosen for the numerical calculation model
due to the asymmetric circular volute. The fluid domain of all parts is then exported to ANSYS. While
the grid of different group is meshed separately and it is given in Table 2 in details. The mesh
generation software Turbo-grid is used to generate a mixed grid for the impeller, which is then
imported to CFX to calculate the internal flow inside the impeller. The total mesh number of the fullpassage model is approximately 3.7million which has considered sufficiently reliable to ensure mesh
independence. The average y+ value is taken as 15 and a k-ε turbulence model is chosen to
calculate the flow of cold helium. The integrated 3-D geometry and mesh of various parts are shown
in Fig. 3.
In the CFX, the blades, hub and shroud are defined as fixed heat flux walls with the appropriate
rotational velocity. The boundary condition at the inlet is set as the total pressure and total
temperature with a no pre-whirl state and the boundary at the outlet is set at the mass flow rate
accordingly.
Table 2 Mesh specifications for various parts

Inlet

Number of
elements
121580

Impeller

2651880

ATM optimized

Diffuser
Volute

332210
652427

Sweep
Patch conforming method

Domain

Method

Mesh type

Sweep

Unstructured hexahedral mesh
Only structured hexahedral
mesh with H/J/C/L type
topology
Unstructured hexahedral mesh
Unstructured Tetrahedral mesh

Figure 3: The mesh of the main domain

3.2

Equations of State Used in CFX

In this paper, the commercial code (ANSYS CFX), which has been proved adaptive in the domain of
turbomachinery, is used to simulate the flow patterns of the flow passages. Considering the
extremely low inlet pressure and temperature of each cold compressor and even some working point
inside the impeller may get close to the two phase line. In this situation, merely taken helium as an
ideal gas is not enough to get a relative accurate result, so that the effect of real gas should be
considered to simulate the flow inside each stage of cold compressor. While Ansys CFX has provided
two ways to bring in the real gas effect. One is by building an RGP table and another one is by
applicating of several kinds of built-in cubic real gas equations, including the original form of the
Redlich-Kwong equation, the Soave-Redlich-Kwong equation (Soave et al,1972) the Peng-Robinson
equation(Peng et all, 1976) and the Aungier-Redlich-Kwong equation (Aungier et al, 1995). However,
considering the rate of convergence and robustness, the built-in cubic real gas equation is suggested
to be employed in the following simulation. In previous work (Zhang et al, 2015 and Geng et al,
2018), none of them has ever mentioned the differences of all these equations for helium property
especially in cryogenic and low pressure field. So before using the above equations, the deviation of
helium properties between each equation and the actual gas, including density, Cp（specific heat
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capacity） and SC (speed of sound), which are all important data for compressor design, is
compared in this paper.
3.3

The comparison of different equation

The cubic EOS (equation of state) is an improvement on the ideal gas model in the sense that they
try to model the finite volume of the fluid molecules as well as the interactions between them. A
general expression for cubic EOS is shown below:
p=

a (T )
RT
− 2
v - b - c v + dv + e

Eq.(1)

The (a(T) ,b,c,d,e) are the coefficients of the EOS .When substituting the general equation
pv = ZRT into the above equation results in a cubic equation in terms of Z, the equation is given by:
Eq.(2)

Z 3 + AZ 2 + BZ + C = 0

The coefficients (A, B, C ) are expressed as:
A (T , p ) =

B (T , p ) =
C (T , p ) =

− RT − bp + cp + dp
RT

Eq.(3)

− RTdp + a (T ) p − bdp 2 + cdp 2 + ep 2

Eq.(4)

R 2T 2

− RTep 2 − a (T ) bp 2 + a (T ) cp 2 − bep3 + cep3

Eq.(5)

R3T 3

After deriving the general basic calculation formula, the coefficients of various states of equations
are brought to solve the three most important physical parameters mentioned before. The table 3
shows the comparison of different coefficients of different EOS.
EOS
RK(Redl
ichKwong)
SRK(So
averedlichKwong)
PR(Pen
gRobinso
n)
ARK(Au
ngierRedlichKwong)

a
a (T ) =

Table 3 Detailed coefficients of each EOS
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Then, the density is calculated by:

=

1
v

Eq.(6)

The specific heat capacity can be obtained from the enthalpy, the formulation is given by:
 H 
Cp = 

 T  p

Eq.(7)

After incorporating this equation with the EOS, the specific heat capacities can be written as below:
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log ( h ) d 2 a
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 da

Cp = Cp 0 (T ) + RT 
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Eq.(8)

Where the coefficients are given below:
  Z 

−4 d 2 − 4eRp  T 
 + Z 

p
d − 4e + 2 RTZ / p + d
T
 

Cp 0 (T ) = n1+n2T+n3T 2 +n4T 3 +n5T 4，h =
，g =
2
2
− d − 4e + 2 RTZ / p + d
2 RTZ − p d 2 − 4e − d
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(

(

))

Eq.(9)

The speed of sound is calculated by:
2
 Cp  v
SC = − 

 Cv   v 
 
 p T

3.4

Eq.(10)

The Result of Maximum of Different Equation

In order to compare the accuracy of the physical properties of each state equation, the data of helium
physical property based on NIST database are introduced to estimate the results. According to the
introduction of NIST database, the uncertainties of helium in density are 0.25% at pressures up to
109 Pa. The uncertainties in the speed of sound are 0.01% for the vapor phase and for the heat
capacities are about 2%. So, we use the physical property value of the NIST database as the
reference and then the property calculated by each EOS are summarized by comparing the relative
deviation percentage from the NIST reference property.
The detailed results are shown in Fig. 4-6. In single figure, temperature range is from 3K to 25K and
pressure range is from 750Pa to 24000Pa. The results show that the error of all cubic equation
becomes larger when the state point is close to the two-phase region. Comparing the density results,
we can find that all cubic state equations have relative large errors between 3K and 5K, and only the
PR equation has the best error at this time. However, when the temperature is between 5k-25K, the
error of all equations decreases with the increase of temperature and then the ARK equation has
the smallest integrated error. For specific heat capacity and speed of sound, the ARK equation is
more superior than other three equations. The maximum error in ARK equation is only occurs when
the state point is close the phase transformation point. The value is 1.8% for specific heat capacity
and -0.45% for speed of sound.
Based on the above analysis, the property parameters calculated by ARK equation have a good
agreement for the real helium gas property. As a result, the ARK equation built-in ANSYS CFX is
chosen to simulate the flow pattern inside the impeller and verify the performance of the design.

Figure 4: Error of density between RK, SRK, PR and ARK equation from 3K to 25K and 750Pa to
24000Pa
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Figure 5: Error of specific heat capacity between RK, SRK, PR and ARK equation from 3K to 25K and
750Pa to 24000Pa

Figure 6: Error of speed of sound between RK, SRK, PR and ARK equation from 3K to 25K and 750Pa
to 24000Pa

4. THE PERFORMANCE OF THE DESIGNED COLD COMPRESSOR
In Fig. 7, the simulation results such as the velocity magnitude and the static pressure on the
meridional surface of the impeller are shown. As it can be seen from the Fig. 7, the pressure inside
the impeller flow path changes smoothly that no large pressure fluctuation occurs alongside the
extension of the impeller blade. It can be seen from the figure that the maximum Mach number
appears merely near the region of the blade inlet tip in the impeller flow path and the maximum
number does not exceed 0.8. The cross sections of streamlines at 10%, 50% and 90% span location
of blade height are shown in Fig. 8 respectively. It can also be seen from the streamline diagram of
the stage impeller that there is no obvious recirculation zone in the flow field in the impeller flow
channel under design conditions. In summary, the overall flow field distribution of the impeller under
the design conditions is reasonable.
Unlike piston or screw compressors, each cold compressor has its individual working filed. Leaving
the permitted field across the surge line will cause separate flow inside the impeller resulting in a
sudden pressure ratio drop or violent vibration of the rotor. So, a full performance map that ranging
from near stall conditions to choked conditions which depended on variety rotating speed are shown
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in Fig. 9. This figure illustrates that the pressure ratio varies as a function of rotating speed and mass
flow. From the figure, we can conclude that the mass flow for stable working region at 50000rpm is
from 13.5g/s to 36g/s. And the working point under the design condition has a 50% margin of the
surge region at the same pressure ratio. To compare the 1-D design point and the 3-D simulated
result, the 1-D design point which mentioned in table 1 is marked in Fig. 9. We can find that the
actual 3-D simulation results have a higher-pressure ratio than the 1-D design result at the same
mass flow rate. It directly indicate that the compressor we designed has a certain extra margin
compared to the demand value, thus totally meet the system requirements.

Figure 7: Contours of mean static pressure and Mach number of design point in the meridian plane

Figure 8: Streamlines of 10%, 50% and 90% blade height cross sections

Figure 9: Performance map of the cold compressor

5. CONCLUSIONS
In this study, a single stage of cold compressor is generally designed and a CFD simulation is
applicated to verify its performance. To consider the real gas effect and improve the accuracy of the
simulation process, different EOS are compared with each other. As a result, the ARK state equation
which maintains the minimum error deviation for ρ, Cp and SC is utilized to simulate the details of
the flow field within the stage. Finally, the flow characteristics inside the impeller and diffuser together
with the performance map are provided to prove that the stage could meet the design requirements.
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NOMENCLATURE
p
T
R
V
Z
ρ

pressure
temperature
molar gas constant (8.314472 J×mol–1×K–1)
molar volume (m3×mol-1)
compressibility factor
Density (kg×m -3)

T01

Total temperature at inlet(K)

ω

acentric factor

P01

Total pressure at inlet(kPa)

T08
P08

Total temperature at outlet(K)
Total pressure at outlet(kPa)

M

Mass flow rate (g×s-1)

ZR Number of blades
a(t),b,c,d,e
n1-5

R1h
R1t
R2
B2
Tclr
R4

Impeller inlet hub radius(mm)
Impeller inlet tip radius(mm)
Impeller exit RMS radius(mm)
Impeller exit width(mm)
Impeller tip clearance(mm)
Diffuser exit radius(mm)
constant-pressure
specific
heat
Cp
(J×mol–1×K–1)
constant-volume
specific
heat
Cv
(J×mol–1×K–1)
Specific heat capacity for ideal gas
Cp0
(J×mol–1×K–1)
SC
Speed of sound(m×s-1)
TC
Critical temperature(5.1935 K)
Critical specific volume(5.7524e-5
VC
m3×mol-1)
PC
Critical pressure
Coefficients of EOS
Coefficients of specific heat capacity for
model of ideal gas
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ABSTRACT
New materials in recent decades have enabled advances in thermal insulation systems for storage
and transfer of cryogens. To preserve the cold and achieve efficient cryogenic systems, a combination
of materials, testing, and engineering is required. The total heat leak into any cryogenic assembly is
comprised of three main parts: 1) heat leak through the insulation, 2) heat leak through the support
structures, and 3) heat leak attributed to piping penetrations and feedthroughs (and their negative
effects on the insulation). This “cold triangle” approach provides a basis for evaluating performance
benefits of new materials and analyzing the cost effectiveness in overall system design. Provided are
thermophysical data for aerogels, aerogel composites, novel multilayered composites, and glass
bubbles for standard test conditions of 293 K and 78 K under conditions from high vacuum to ambient
pressure. Examples of cryogenic storage tanks show the relative importance of both insulation and
structural materials for achieving designs of highest energy efficiency.
Keywords: Insulation, Total Heat Leak, Thermal Analysis, Cryogenic Tanks, Cryogenic Piping,
Aerogels, Multilayer Insulation, Energy Efficiency, Integrated System Design.

1. INTRODUCTION
Most systems that are designed to be operated at below-ambient temperatures require thermal
insulation for both control and energy-efficiency concerns. For cryogenic systems the need is
amplified, and the level of performance must be much higher to properly limit the heat transmission
from the ambient environment. Relative to foam-type insulation materials in air, aerogels can reduce
the heat flow by about one half (Fesmire and Coffman et al., 2012), and moderately evacuated (“soft
vacuum”) layered composites can reduce the heat by ten times (Fesmire, 2015). The latest evacuated
bulk-fill systems (glass bubbles) can reduce the heat flow by almost 100 times (Scholtens et al., 2008)
and highly evacuated multilayer insulation (MLI) systems can reduce the heat transmission by more
than 1,000 times compared to foams (Fesmire and Johnson, 2018). With each higher level of thermal
performance, the design approach, engineering, and manufacturing execution become progressively
more challenging. A fitting combination of materials, testing, and engineering is key to meet the
objectives of system control, safety, and performance. Most important, as discussed by
Augustynowicz et al. (2000), the thermal performance must justify the cost.
The total heat leakage rate (Qtotal), or “heat leak,” into any cryogenic system is comprised of three
main parts in a cold triangle of integration: 1) heat leak through the insulation, 2) heat leak through
the support structures, and 3) heat leak attributed to piping penetrations. But real systems have
additional heat leak due to practical limitations of fabrication and installation, as well as the negative
effects of supports and piping. This additional heat leak for cryogenic systems is accounted for using
the insulation quality factor (IQF). The “cold triangle” approach, with the use of the IQF, is readily
applied to piping systems, piping connections, cryostats, storage tanks, etc. to determine the best
insulation system for a particular case.

2. CALCULATIONS, TESTING, AND MATERIALS
Engineering analysis and thermal testing go hand-in-hand for determining the best insulation system
for a given design situation. Conducting analysis and calculations according to standard methods is
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essential for fair comparison of different materials and accurate applications of results as detailed by
Fesmire (2015). Testing involves the measure of the total heat flow rate through an insulation system
under relevant conditions. Relevant conditions typically include a large temperature difference (∆T)
and a controlled, steady-state test environment or vacuum level.
2.1
Calculations of Heat Transmission
Calculations for cryogenic insulation systems follow the guidance given in ASTM C1774 Standard
Guide for Thermal Performance Testing of Cryogenic Insulation Systems. The heat flow rate (Q) in
J∙s-1 or W, also known as “heat leak” is calculated as given in Eq. (1) and the effective thermal
conductivity (ke) in mW∙m-1∙K-1 is further calculated in Eq. (2):
𝑄𝑄 = 𝑚𝑚̇ℎ𝑓𝑓𝑓𝑓 = 𝑘𝑘𝑒𝑒 𝐴𝐴𝑒𝑒
𝑘𝑘𝑒𝑒 =

𝑄𝑄 ∆𝑥𝑥
𝐴𝐴𝑒𝑒 ∆𝑇𝑇

∆𝑇𝑇
∆𝑥𝑥

Eq. (1)

Eq. (2)

Where ṁ is the mass flow rate in g∙s-1, hfg is the heat of vaporization in J∙g-1, Ae is the effective area
for heat transmission in m2, ∆T is the temperature difference in K, and ∆x is the thickness in m. For
flat plate test apparatuses, the Ae is constant through the thickness of the thermal insulation system.
For cylindrical apparatuses or spherical geometries, the Ae is the log-mean area between the inner
and outer diameters of the insulation test specimen. The Q is obtained directly by boiloff calorimetry,
while other methods are indirect, measuring a combination of electrical power and temperatures.
This real-world heat flow rate includes all modes of heat transmission (radiation, solid conduction,
gaseous conduction, and convection). While solid conduction is usually fixed by the system design,
the test environment determines the relative amounts of the other components of the total flow of
heat. The test environment is defined by the cold vacuum pressure (CVP) (that is, the vacuum level
under steady-state operating conditions of the system) and the composition of the residual gas. From
the total heat flow rate, the heat flux (q) in W∙m-2 is calculated; which is the heat flow rate, under
steady-state conditions, through an effective area (Ae) in m2, in a direction perpendicular to the plane
of the thermal insulation system as given in Eq. (3):
𝑄𝑄
Eq. (3)
𝑞𝑞 =
𝐴𝐴𝑒𝑒

2.2
Testing of Cryogenic Insulation Systems
Standard laboratory cryostats in both cylindrical (Cryostat-100) and flat-plate (Cryostat-500)
geometries are used for testing of various insulation materials and systems (Fesmire et al., 2015).
Both are steady-state liquid nitrogen boiloff calorimeters designed for absolute thermal performance
measurements. Test conditions include a cold boundary temperature (CBT) of 78 K and a warm
boundary temperature (WBT) of 293 K for a temperature difference (∆T) of approximately 215 K.
The vacuum level in millitorr (µ), or CVP, is set via a residual flow of nitrogen (or other gas) with
continuous pumping and an electronic control-loop to maintain the desired pressure.
Cryostat-100 has a vertical cylindrical cold mass assembly that is 1-m tall by 167-mm diameter, while
the Cryostat-500 has a horizontal flat plate cold mass assembly of 204-mm diameter. For high
vacuum tests (<0.1μ), each test specimen is heated and evacuated according to standard laboratory
procedures. The test methodologies follow ASTM C1774, Annex A1 and Annex A3, respectively.
From the direct experimental test results for heat flux, different heat transmission values can be
calculated. The point is to gauge the transmission of heat from a defined “hot surface” to a defined
“cold surface” according to Fourier’s Theory of Heat. Although there does not exist the convenience
of intrinsic thermal properties of materials in the context of these complex systems, calculation of
“thermal conductivity” values are useful for several reasons: 1) comparison of different systems tested
under similar conditions; 2) comparison of systems with varying thickness; 3) analyzing temperature
dependence and different boundary temperatures; and 4) modeling for specific engineered designs.
For this study, two standard definitions from ASTM C1774 are used. The effective thermal conductivity
(ke) is defined as the thermal conductivity value through the total thickness of the insulation test
specimen (one material, homogeneous non-homogeneous, or a combination of materials) between
specified boundary temperatures, and in a specified environment. The system thermal conductivity
(ks) is defined as the thermal conductivity value through the total thickness of the insulation test
specimen and all ancillary elements such as packaging, supports, seams, joints, getter packages,
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enclosures, etc.—in other words, ks is always determined using the total distance between the hot
and cold surfaces. The ke or ks, as applicable, and q are calculated for the standard ΔT of 215 K.
Each test is for a given CVP environment of nitrogen gas as indicated. Physical characteristics include
the as-tested thickness and density.
2.3
Insulation Materials Data
Data in terms of ke for a variety of insulation materials and systems, tested under representative and
similar conditions, are presented as a variation CVP in Fig. 1. Included are two MLI systems, one with

Effective Thermal Conductivity - ke (mW/m-K)

100

Notes:
1. Boundary Temperatures approximately 78 K & 293 K.
2. Residual gas nitrogen.
3. Legend data (25, 40, 55) means: 25 mm thickness, 40
layers, and 55 kg/m 3 bulk density [x, n, ρ].

10

1
A114 Vacuum Only
A104 Spray-On Foam BX-265 (25, 1, 42)
A108 Aerogel Particles 1-mm (25, 1, 80)
A194 Cryogel aerogel blanket (20, 2, 130)

0.1

A102 Glass Bubbles K1 (25, 1, 65)
C130 LCI fumed silica + DAM (22, 30, 50)
A193 LCI aerogel paper + DAM (5, 7, 91)
A128 MLI Foil/Paper 80-layers (21, 80, 55)

0.01
0.001

A152 MLI Mylar/Poly 20-layers (8, 20, 50)

0.01

0.1

1

10

100

1000

10000

100000

1000000

Cold Vacuum Pressure - CVP (millitorr)

Figure 1: Cryostat test data for thermal insulation systems tested at 293 K / 78 K

Table 1. Select thermal conductivity data for cryogenic thermal insulation systems
†
Density
CVP
*ke
Thermal Insulation System
Ref. No.
kg∙m-3
µ
mW/m-K
<0.1
0.70
100
1.7
Glass Bubbles Type K1
A102
65
760,000
26
<0.1
1.7
Aerogel Particles (1-mm
100
4.3
A108
80
diameter)
760,000
14
<0.1
0.09
100
0.64
LCI with fumed silica & Mylar
C130
50
530,000
13.4
<0.1
0.051
100
1.5
MLI 80-layers Foil and Paper
A128
55
760,000
20
<0.1
0.026
100
3.0
MLI 20-layers Mylar and Poly Net
A152
50
760,000
18 (est.)
†
As-tested *For boundary temperatures of 293 K and 78 K
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80 layers of aluminum foil and micro-fiberglass paper and another with 20 layers of double-aluminized
Mylar (DAM) and polyester netting (Fesmire and Johnson, 2018). Two different Layered Composite
Insulation (LCI) systems are given: LCI with a fumed silica and DAM (Fesmire et al., 2008) and LCI
with aerogel paper (0.7-mm) and DAM (Fesmire, 2018). Data for aerogel blanket material (Cryogel®
by Aspen Aerogels) are presented (Fesmire et al., 2018). Two bulk-fill materials are given: aerogel
particles (white 1-mm diameter) by Cabot and glass bubbles (K1) by 3M (Scholtens et al., 2008).
For general comparison, data for “vacuum only” and a polyisocyanurate foam (BX-265) by NCFI and
are also given (Fesmire and Coffman et al. 2012). The boundary temperatures are 293 K (WBT) and
78 K (CBT) in all cases. The physical parameters of thickness, number of layers, and bulk density are
also provided in the legend. Table 1 lists select data for the CVP points of high vacuum, moderate
vacuum, and no vacuum.
2.4
Structural-Thermal Materials Data
Thermophysical data for a range of different structural-thermal materials used in cryogenic systems
data are given in Table 2. Included are polyimide aerogel AeroZero®, Ultem®, Foamglas, Divinycell®,
and Rohacell®. Also included are G10 composite, Teflon™, balsa wood, and polyiso spray foam for
general reference (NIST; Flynn, 2005). These ke data were produced using a Macroflash (Cup
Cryostat), per ASTM C1774 Annex A4, for boundary temperatures of 78 K (CBT) and 293 K (WBT)
and under a compressive load of 34 kPa. The structural-thermal figure-of-merit (FST) in K∙m∙s∙g-1 is
calculated via Eq. (4):
𝜎𝜎
𝐹𝐹𝑆𝑆𝑆𝑆 =
x 106
Eq. (4)
𝜌𝜌𝑘𝑘𝑒𝑒
Where ρ is the bulk density in kg∙m-3, ke is the effective thermal conductivity in mW∙m-1∙K-1 (with the
prescribed CBT and WBT), and σ is the compressive strength in MPa (at ambient temperature).
Newer materials developed in the last decade include AeroFoam, AeroPlastic, and AeroFiber
composites (Williams and Fesmire, 2016). These structural-thermal composites composed of hybrid
combinations of aerogels, polyimides, and other engineering polymers further demonstrate the
possibilities for tailoring systems to achieve specific combinations of light weight, low thermal
conductivity, and high strength, along with excellent fire properties (Smith et al., 2009).
Table 2. Thermophysical data for structural-thermal materials used in cryogenic systems

G-10 (transverse direction)

σ
MPa
448

ρ
kg∙m-3
1,939

*ke
mW∙m-1∙K-1
467

FST
K∙m∙s∙g-1
495

Ultem® 2300 Glass Filled PEI

221

1500

212

695

Teflon™ PTFE

24.1

2,120

253

45

Rohacell® WF-300 PMI foam (14 kPa)

17.8

324

42.1

1,305

Balsa Wood (transverse direction)

7.0

166

45.9

919

AeroZero® polyimide aerogel

1.6

150

28.1

380

Foamglas® Cellular Glass Foam

0.8

118

32.3

210

Divinycell H45 PVC Foam (14 kPa)

0.6

50

23.8

504

Spray Foam Polyiso BX-265 (14 kPa)

0.4

37

22.6

483

†

Material

®

†

At ambient temperature

*Boundary temperatures 293 K / 78 K; compressive load 34 kPa or as noted.

3. ENGINEERED SYSTEMS ANALYSIS
Five examples of cryogenic systems, three tanks and two piping systems, are shown in Fig. 2. In
each case, the optimum approach involves a different combination of materials; and for simplicity and
comparison, uniform hot and cold surfaces are assumed. The CVP, ranging from high vacuum
(<0.1µ), to normal vacuum (~1µ), to moderate vacuum (~10µ), to soft vacuum (~100µ), to no vacuum

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

372

(760,000µ), are also uniquely representative of actual working systems in each case. Demko et al.
(2008) present a design tool for heat leak analysis of various geometries and insulation data.

Figure 2: Cryogenic system examples: 1) cylindrical tank (u. left), 2) large spherical tank (u. right), 3)
small composite tank (middle), 4) transfer piping (l. left), 5) piping field joint (l. right). Images: NASA

3.1
Comparative Analysis of Example Systems
The first example is a 125-m3 horizontal cylindrical SST tank with a carbon steel outer jacket and a
200-mm annular space. This factory-built, medium-size tank includes an 80-layer MLI system for high
vacuum, four G10 pad supports, several piping penetrations, and a 0.6-m diameter manway for
internal access and multiple instrumentation feedthroughs. Boiloff testing using LN2 and liquid
hydrogen (LH2) is described by Swanger (2018).
The second example is a 3,200 m3 spherical 304 SST tank (30-mm thickness) with a carbon steel
outer jacket (17-mm thickness) and a 1,200-mm annular space. This tank includes 40 vertical SST
support rods connecting the inner vessel to the outer jacket, four piping penetrations on the bottom,
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and a 0.5-m diameter manway for internal access. The specified boiloff rate is 0.075% per day (LH2)
with the original perlite power insulation (Fesmire et al., 2008). In this example the insulation system
is glass bubbles which provides an estimated 46% reduction in boiloff, compared to perlite, at
moderate vacuum level of 10 millitorr based on field test data by Sass, 2010. An even larger LH2
storage sphere (4,700 m3), using glass bubbles insulation, is being constructed at the Kennedy Space
Center (KSC) for supplying the future space launch programs.
The third tank example is a 100-liter carbon composite tank in a 4:1 cylindrical geometry with a SST
outer jacket and an annular space of 23-mm thickness. The LCI system is designed for soft vacuum
of 100µ for low cost and to avoid vacuum maintenance. Three polyimide aerogel rings support the
inner vessel and a single 12.7-mm diameter piping penetration are also included as depicted for this
generalized storage tank concept (Adams et al., 2018).
In addition to the three tanks, two piping systems are also analyzed. Example four is a DN25x80-mm
all SST vacuum-jacketed (VJ) pipe segment of 18.3-m length. The ends are thermally guarded with
LN2 so that an absolute boiloff test is achieved. The insulation is 20 layers of MLI (aluminized Mylar
and paper) with a CVP in the normal vacuum range of approximately 1µ. The cryogenic testing of this
pipeline is described by Fesmire, Augustynowicz, and Nagy (2004).
Finally, example five is a DN250x300-mm, double-walled field joint connection (1-m overall length)
between two VJ pipe segments. The ends, 425-mm length cones, are treated as the supports, while
a straight middle portion is 150-mm length. The insulation system is a complete bulk-fill by aerogel
particles (1-mm nominal diameter) of the sealed annular space, which is designed for non-vacuum.
The space is optionally backfilled with CO2 for achieving enhanced performance at a cryo-pumped
soft vacuum (~100 µ) under cold operating conditions (Johnson et al., 2012).
3.2
The Insulation Quality Factor in System Design
The insulation materials and data given here represent preferred solutions in the relative sense
among a vast landscape of different applications. There are many more details and choices to be
made for an optimum solution in the final design, but these examples give first order approximations
and the interplay among materials, design, installation, manufacturing, and operation.
There is another potentially crucial part of the Qtotal for a cryogenic system: the additional heat leak
due to the insulation quality factor (IQF). The IQF is a first order means of capturing the combined
degradation of the insulation’s thermal performance due to practical limitations of its installation, and
also the negative effects of supports and piping. A high fidelity IQF can only be determined
experimentally, but estimates can be obtained via a combination of historical information and
analytical methods. As warranted by the design objectives and fidelity required, an individual IQF can
be applied to different zones of insulation area, to each support structure, and to each penetration.
In the basic cases presented here, a single IQF is applied for the entire cryogenic assembly as a
separate heat leak element of Qtotal as given in Eq. (5).
𝑄𝑄𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡 = 𝑄𝑄𝑖𝑖 + 𝑄𝑄𝑠𝑠 + 𝑄𝑄𝑝𝑝 + 𝑄𝑄𝐼𝐼𝐼𝐼𝐼𝐼

[W]

Eq. (5)

Where Qi is the insulation heat leak, Qs is the heat leak attributed to the supports, and Qp is the heat
leak due to the piping penetrations, and QIQF is the heat leak of the insulation quality factor.
Heat leak budgets for the five example systems are summarized in Table 3. Values for the q and ks
are also calculated for each case. In this table, the Ae is the log-mean area between inner and outer
shells and the ∆T is equal to 215 K. These cases represent idealized solutions for each situation.
The best thermal insulation system under idealized laboratory conditions is obviously not always the
best one to use. In the field joint example, the majority of the heat leak is fixed by solid conduction
(75% of Qtotal) and the annular space is mostly inaccessible for wrapping with MLI. Added to the
geometric constraints are the difficulties in field fabrication, for which achieving a long-term highvacuum in the annular space is not a reasonable expectation. With the option of adding a CO2 backfill
to achieve an effect of cryopumping to a soft vacuum, the Qtotal drops to 30.6 W and the ks to 8.1
mW/m-K which would be comparable to a high vacuum MLI system in this case.
The QIQF ranges from zero to 34% of the total. In many real cases, the QIQF can be as high as or
higher than the Qi. For example, Johnson et al. (2014) show that a small single penetration (12-mm
diameter) though an MLI blanket results in an QIQF that is from one to five times the Qi. Even in bulk
fill systems, the two instances of zero IQF in the two cases given, there can be a problem. Two
identical design 3,200-m3 VJ LH2 storage tanks were built at KSC in 1965, and one ended up with
triple the heat leak of the other (3.8 versus 1.1 m3 per day boiloff losses). Krenn (2012) shows that
this problem was eventually determined to be due to a large void within the perlite annular space
filling. Therefore, the QIQF is not just a deviation from the ideal or a degradation of the insulation
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material that can be mitigated, but a substantial heat leak potential that must be addressed up front
in the design process.
Table 3. Total heat flow rate analysis for different examples of cryogenic systems
Dimensions
Thermal
CVP
Qi
Qs Qp QIQF Qtotal
Cryogenic System
Insulation
q
t
*Ae
Description
2
System
µ
mm
%
%
%
%
W
m
1) Medium tank, VJ, factory MLI (80 layers)
for high vacuum
built (125-m 3)

<0.1

250

229

43.3

6.3

300

1.3

1.5

Bulk-fill glass
2) Large tank, VJ, site-built
bubbles,
(3,200-m 3)
moderate vac

10

1200

1194 74.1 12.9 12.9

0.0

240

0.2

1.1

3) Small composite tank,
VJ, conceptual (0.1-m 3)

100

23

1.6

68.9

21

10.4

?

14.4

9.0

1.0

4) Piping System,
MLI (20 layers)
DN25x80-mm, VJ, with 2
for normal
bayonet joints, factory built
vacuum
(18.3-m)

1

26

3.2

12.0

15

38.3 34.4 20.9

6.5

0.8

5) Piping Field Joint,
Bulk-fill aerogel
DN250x300-mm, doublefor non-vacuum
wall, field fabricated (1-m)

n/a

50

0.88

54.1

27

55.7

12.9

LCI for soft
vacuum

33.7

17

ks

19

0.0

49.0

The elements of heat transmission through an insulation system are highly interdependent, showing
that the analysis of the total heat leak is an iterative process. The right design approach depends on
the shape, the size, the operational duty cycle, and, of course, the economic objectives.

4. CONCLUSION
A practical methodology for designing cryogenic thermal insulation systems is based on a “cold
triangle” approach of insulation, supports, and piping as well as the insulation quality factor (IQF). The
total heat leak of the end product is what matters, but to minimize this heat leak in the most costeffective way, the calculations, testing, and materials data must be covered and the thermal
performance understood as a summation of its parts. The approach also provides a basis for
evaluating performance benefits of new materials and analyzing the cost effectiveness in overall
system design. Provided are thermophysical data for aerogels, aerogel composites, multilayer
insulation, novel layered composites, and glass bubbles for standard test conditions of 293 K and 78
K under conditions from high vacuum to ambient pressure. A wide range of reference materials data
are also included for direct analytical comparison. Basic data for structural-thermal materials,
including ranking of their structural-thermal figure of merit (FST) are also presented. Examples of
different cryogenic storage tanks and piping systems show the relative importance of both insulation
and structural materials for achieving designs of highest energy efficiency.

NOMENCLATURE
Q
ke
ks
ṁ
hfg
Ae
q
∆T
∆x

heat flow rate or heat leak (W)
effective thermal cond. (mW∙m-1∙K-1)
system thermal cond. (mW∙m-1∙K-1)
mass flow rate (g∙s-1)
heat of vaporization (J∙g-1)
effective area for heat trans (m2)
heat flux (W∙m-2)
temperature difference (K)
thickness (m)

ρ
σ
μ
Qtotal
Qi
Qs
Qp
QIQF
FST

bulk density (kg∙m-3)
compressive strength (MPa)
vacuum pressure (millitorr)
heat leak, total system (W)
heat leak, insulation (W)
heat leak, supports (W)
heat leak, piping connections (W)
heat leak, IQF (W)
struct-thermal fig-of-merit (K∙m∙s∙g-1)
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ABSTRACT
This paper describes the cascade type non-flammable mixed refrigerant (MR) Joule Thomson (JT)
refrigerator for the cooling temperature of 100 K. The working fluid for non-flammable MR JT
refrigerator is a mixture of Nitrogen, Argon, Tetrafluoromethane (R14, CF 4) and Octafluoropropane
(R218, C3F8). Experimental work is performed to confirm the design result of the cascade MR JT
refrigerator. The lowest temperature is approximately 98.5 K and the maximum cooling capacity
records 15 J/g at the 103 K, which is the normalized value with respect to the mass flow rate of the
working fluid. The pressure drop at the low pressure side is a critical role to reduce the refrigeration
efficiency.
Keywords: Joule-Thomson, non-flammable, mixed refrigerant, COP, high efficiency

1. INTRODUCTION
Nowadays, low temperature cooling technology, namely cryogenic engineering, draws a lot of
attention from the industrial area such as High Temperature Superconductor (HTS) application,
Liquefied Natural gas (LNG) industries or bio preservation etc. Generally, cryogenic environment
stands for the temperature below 123 K or -150 °C (Barron, 1985). Commonly, the Coefficient of
Performance (COP) of refrigerator is mainly applied to describe the refrigeration efficiency, as shown
in equation (1) (Cengel and Boles, 2006).

COP =

QL
Win

Eq (1)

COP, defined as the ratio of the heat absorbed (QL) to the required work (W in), has been widely used
to express the efficiency of refrigerator. The required work usually means the compression work at
room temperature, and the heat, QL, is absorbed at low temperature.
One of the main application area for large cryogenic refrigeration technology is HTS power cable
cooling (Chakravarthy, 2011). While the complexity of metropolitan city is drastically increasing by
concentrating of population, the normal conducting cable cannot transmit the electric demand of
urban area (Yang et al, 2013). It is because, the increasing of normal conductor in the urban area is
limited due to the high cost and narrow site (Yang et al, 2013).
According to this circumstance, HTS power cables require a safe and reliable cooling scheme. Also,
this superconducting system this system should maintain a cooling temperature of 70 K or less (Yang
et al, 2013). Previous research mentioned the multi-stage MR J-T refrigerator to achieve the 64 K
cooling temperature and high reliability (Lee et al, 2014, Lee et al, 2015). Aforementioned research
requires the precooling stage which target temperature is 100 K. Thus, our research group designed
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the non-flammable cascade type MR JT refrigerator in the past research (Lee et al, 2017). The
design result shows the maximum COP of cascade type non-flammable MR JT refrigerator is 0.216
without any freezing of working fluid itself. Thus, experimental study is conducted to verify the
designed cascade type MR JT refrigerator in this research paper.

2. DESIGN RESULT AND EXPERIMENTAL APPARATUS
2.1.

Design results from previous research

The main challenge of the non-flammable MR is the freezing of the working fluid itself. Lee et al
verified the freezing limitation of non-flammable MR which constitutes Ar, R14 and R218 (Lee et al.,
2016). Certain composition of Ar, R14 and R218 mixture showed dramatic freezing temperature
depression even below 77 K. According to this result, non-flammable cascade type MR JT
refrigerator was designed as 0.216 with the lowest temperature of 97.6 K (Lee et al, 2017). The
schematics and thermodynamic state of each points are shown in Figure 1 and Table 1. As
mentioned before, this study is conducted to verify the design results of a cascade type nonflammable MR JT refrigerator. This chapter explains the detail of experimental apparatus.
Since the design result has a considerably larger flow rate (20 g/s), the normalized cooling capacities
are considered in the experiment, which can be calculated the Eq. (2).

qn =

QL
min

Eq (2)

The required normalized cooling capacity is approximately 17 J/g according to the design result.

R 410A Precooling stage
C
9
C

2
1

HX1

Cooling
capacity

10
Precooling
HX
11

3

5

4

Main MR stage

8 HX2

7

6
Coldend

Figure 1. Schematics of cascade type non-flammable MR JT refrigerator

Stream
1
2
3
4
5
6
7
8
9
10
11

Table 1. Thermodynamic states of each design points
Temperature
Pressure
Vapor fraction
Refrigerant
K
kPa
(kg/kg)
297
220
1
300
1400
1
253.9
1400
0.974
247.8
1400
0.921
N2/Ar/R14/R218
0.2/0.3/0.3/0.2
108.4
1400
0
97.6
220
0.033
105.2
220
0.267
240
220
1
250.9
287
1
300
1750
0
R410A
244.8
287
0.346
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Oil mist filter
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Figure 2. Schematics and photograph of the compressor system
2.2.

Experimental apparatus

2.2.1. Compressor system
The compressor system is selected from the previous research (Lee et al, 2014). This compression
system is developed by in house fabrication with a series connection by two kinds of commercial 2
stage compressor. To achieve the high purity of working fluid, numerous oil separation mechanism
is utilized in this system. Figure 2 shows the schematics of compressor system and photograph of
the system.
2.2.2. Cold box
To verify the designed MR JT refrigerator, refrigerator section is utilized as a lab scale. The cold box
includes 3 heat exchangers, the evaporator (cold-end), the expansion part (JT valve) and the stirling
cryocooler instead of the precooling stage. Figure 3 depicts 3D schematics and the developed cold
box system with the JT valve as an expansion part. To control the opening of the orifice, the modified
valve stem is installed between the top flange and valve head. The entire cold box covered with
multi-layer insulation (MLI), which prevents the radiation heat transfer from the environment to the
experimental apparatus.

Top flange
Stirling cooler
for precooling
Precooling
HX
HX1

0.93 m

HX2
J-T valve
Evaporator

Figure 3. 3D schematics and photograph of cold box part of the MR JT refrigerator
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The diffusion bonded printed circuit heat exchangers (PCHEs) are utilized for the heat exchanger 1
(HX1) and heat exchanger 2 (HX2). The single channel has a square type cross section with the 300
µm width. Each plate (layer) has 10 channels in the form of snake shape (Baek et al, 2014). The
dimension of the single layer has the height of 210 mm and the width of 77 mm. HX1 has 20-layer
(10 layers for hot side and 10 layers for cold side) to utilize the gaseous phase heat transfer, and
HX2 has 30-layer (15 layers for hot side and 15 layers for cold side) to cover the two-phase heat
transfer. The entire layers are fabricated by using a diffusion bonding process.
A Stirling cooler (Sunpower Inc, Cryotel CUBE) employed precooling stage of cascade type MR JT
refrigerator. A machined copper block surrounded with a copper tube is attached to model the
precooling heat exchanger. Entire flow path of the cold box mainly applied with 1/4’’ stainless steel
tube.The exception is only in the evaporator, which is fabricated with a coiled 6.4 mm (1/4 inch)
copper tube and the manganin heater is covered with Stycast 2850FT epoxy to examine the cooling
capacity.
The whole cold box system is thermally insulated by a vacuum chamber and multi-layer insulation
to prevent heat ingress from the environment. The cold box system is maintained at a vacuum
condition of approximately 0.13 Pa (10-3 torr). 10-layers of MLI (RUAG GmbH, Coolcat 2NW) are
applied to cover the entire cold box system.
In the verification experiment, JT expansion part is constructed as a simple metal bellows valve
(Swagelok, SS-4-HS). The opening of the JT valve is controlled on the top of the cold box with the
extended valve stem made with G-10 tube. The gap between top flange and extended valve stem is
sealed with a vacuum fitting (Ultra-Torr, 3/8 inch, Swagelok).
8 temperature sensors and 8 pressure transducers were installed to measure the temperature and
pressure of each location, as mentioned in 오류! 참조 원본을 찾을 수 없습니다. (Main MR stage).
Temperature of each points are measured by Silicon diode temperature sensors (Lakeshore Inc,
DT-670-SD) and FP 2000 pressure transducers (Honeywell Inc) are selected to get the pressure
data. A Coriolis mass flow meter (Bronkhorst, CORI-FLOW M55) is utilized at the discharge of
compression system to get the mass flow rate of the MR JT refrigerator. The entire data are collected
by a Data acquisition system (National Instruments, SCXI-1000, SCXI-1125, SCXI-1320 and SCXI1328) and a desktop computer.
2.2.3. Refrigerant charging
Target MR should be carefully blended from the pure components to achieve accurate operating
condition of cascade type MR JT refrigerator. The pressure ratio method is performed in the entire
system unit. At first, the charging pressure of the compressor is carefully selected according to the
desired operating condition (1100 kPa in this research by trial and error). Firstly, the high boiling
component (R218) is injected in the compressor system. The pressure ratio of the constituent is set
as the molar composition with respect to the charging pressure (PR218 = 220kPa). Sequentially, other
components (R14, Ar and N2) are carefully charged in the compressor in the same manner. Cold
box is simply evacuated with the vacuum pump before connect the compressor system. The partial
pressures and the stacked charging pressures are described in Table 2 for each components. This
molar composition of the working fluid is confirmed by thermal conductivity detection type gas
chromatography (Agilent Technologies, Model 7890B).
Table 2. Charging pressures and partial pressures of each components
Actual composition
Mole fraction Partial pressure Charging pressure
by gas chromatography
Component
[-]
[kPa]
[kPa]
[-]
R218
0.2
220
220
0.202 ±0.01
R14
0.3
330
550
0.296 ±0.01
Ar
0.3
330
880
0.298 ±0.01
N2
0.2
220
1100
0.204 ±0.01
Total
1
1100
1100
-
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(a)
(b)
Figure 4. Steady state experimental results (a) temperature profile and (b) pressure and
mass flow rate

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1.

No-load condition

The detailed steady state results are shown in Figure 4 (a) and (b). Figure 4 (a) illustrates the
temperature profile of the cold box and Figure 4 (b) represents the pressure and mass flow rate
profile of the experimental results. Unfortunately, there is a slight decreasing tendency of the mass
flow rate. This is because the concentration of the moisture in the pure refrigerant (R218) is a certain
value (higher than 213 K dew point), thus the small amount of moisture is stacked constantly at the
lowest condition. At the no-load condition, cascade type MR JT refrigerator reaches the lowest
temperature of 98.5 K, which is slightly higher than the design temperature. This higher cold-end
temperature is by the considerable frictional pressure drop at the low pressure side. Also, the
compressor experiences the compression ratio of 22 at the average mass flow rate of 1.5 g/s due to
frictional pressure drop (1550 kPa / 70 kPa).
3.2.

Cooling capacity measurement

3.2.1. Experimental result of heating at the evaporator
Figure 5 (a) and (b) present the temperature, pressure and mass flow rate distribution when heat is
applied to the evaporator. The temperature after the evaporator (T6) is maintained near 103.4 K in
the heat of less than 15 J/g, but it could not maintain the cooling temperature when the heat of

(a)
(b)
Figure 5. Experimental result of cooling capacity (a) temperature profile and (b) pressure and
mass flow rate
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20 J/g is applied at the evaporator. Since the mass flow rate of the working fluid decreases sharply,
it can be seen that the operating conditions are completely out. Thus, the cooling capacity of this
cascade type MR JT refrigerator is approximately 15J/g.
3.2.2. Discussion of the cooling capacity with pressure drop
Figure 6 illustrates the comparisons of the normalized cooling capacities between experimental
results and simulation results according to the temperature. The red line is the design result
aforementioned research (Lee et. al., 2017), and the yellow line which is slightly shifted from the
design result is the simulation results with the pressure drop in the heat exchanger. The temperature
is slightly increased as 103 K when the heat added in the cascade type MR JT refrigerator. Thus,
experimental result is well matched with the pressure drop result. Table 3 presents the difference
between the experimental results and the simulation results with experimental pressure drop of each
stream. Most of discrepancy is due to the pressure drop at the return stream (5,6,7 and 8).
Table 3 Comparisons of the design results and experimental results for 15 J/g heat absorption
in the evaporator
Streams
1
2
3
4
Measured temperature [K]

300.2

247.8

244.1

108.4

Calculated temperature [K]

300

253.9

247.8

107.4

T Error = (cal.-exp.)/exp.

-0.6%

2.5%

1.5%

-0.9%

Measured pressure [kPa]

1579

1561

1558

1533

Calculated pressure [kPa]

1400

1400

1400

1400

P Error = (cal.-exp.)/exp.

-11.3%

-10.3%

-10.1%

-8.7%

Streams

5

6

7

8

Measured temperature [K]

103.3

103.4

221.5

294

Calculated temperature [K]

97.5

103.7

240.0

297

T Error = (cal.-exp.)/exp.

-5.6%

0.3%

8.4%

1.0 %

Measured pressure [kPa]

310

300

250

100

Calculated pressure [kPa]

220

220

220

220

P Error = (cal.-exp.)/exp.

-29.0%

-26.7%

-12%

120%

Figure 6. Comparisons of the cooling capacities from the experimental results and simulation
results with and without pressure drop
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Figure 7. COP comparisons of various simulation conditions and experimental results
3.2.3. COP comparison of simulation and experiment
The electric work consumptions are measured as 359 W and 698 W for 1st compressor and 2nd
compressor, respectively by the inverter manufacturer’s software (Yaskawa DriveWizard plus,
Ver.4.0). The work consumption is significantly higher than the design result. This higher work
consumption has two reasons, the one is the pressure drop in the heat exchangers and the other is
the compressor efficiency.
To verify the influence of the pressure drop, simulation is conducted with the pressure drop where
the value is measured in the experiment. Figure 7 shows the efficiency comparisons of the ideal
design result (without pressure drop), the pressure drop result with only high pressure side, the
pressure drop result with only low pressure side, the result with both of high pressure side and low
pressure side and the experimental result.
If the pressure drop in the heat exchanger apply in the simulation, then the COP of the refrigeration
cycle is drastically reduced as 0.113. This simulation also applies the compressor efficiency of 80%,
therefore, the total work consumption of the compressors is 198 W. Accordingly, the actual
compressor has very poor efficiency approximately 17%.
The simulation result with pressure drop only at the high pressure side is simply calculated with the
uniform low pressure of 220 kPa, which is the same as the ideal case. The pressure drop of the high
pressure side decreases the COP approximately 17 %. By contrast, the simulation result with
pressure drop only at the low pressure side is simply assumed with the uniform high pressure of
1400 kPa. The simulation result of it reduces the COP as 43%. According to this result, it is revealed
that the pressure drop at the low pressure side is a critical role to reduce the refrigerator efficiency.

4. CONCLUSIONS AND FUTURE WORKS
Experimental verification of the cascade type MR JT refrigerator is conducted in this paper. The
design results are shown as 17 J/g normalized cooling capacity and 97.6 K lowest temperature
according to the previous research (Lee et al., 2017). In the experiment, the lowest temperature of
the cascade MR JT refrigerator is attained 98.5 K, and the normalized cooling capacity of the cycle
is achieved 15 J/g at the temperature of 103 K. After the detail analysis, entire refrigeration cycle
efficiency should be discussed in the various factor such as the pressure drop effect of both high
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pressure side, low pressure side and compressor efficiency. The main limitations of the experiment
are the pressure drop at the low pressure side and the low compression efficiency.
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NOMENCLATURE
m

W

Mass flow rate (kg/s)
Work (kJ)

Q

heat (kJ)
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ABSTRACT
The hydrogen ortho-para conversion process simulation is one of the key issues of analytical
model development of a hydrogen liquefier. Numerous programs like PRO/II, Aspen HYSYS have
no dedicated models for hydrogen conversion process simulation. Thereby, it raises the question
of ortho-para conversion hydrogen reactors simulation by artificial ways.
The object of the work is to consider simulation process ways of the hydrogen ortho-para
conversion and to find out an optimal one for realization in process simulators. The study is carried
out by the computational-analytical method using simulation programs.
Three ways of process simulation are considered. They were compared based on the calculated
parameters of each way and analytical outcomes.
The results of the work are as follows: optimal hydrogen ortho-para conversion process simulation
way was chosen; the simulated hydrogen liquefier (using the optimal conversion simulation way)
was compared with the realized cycle with considered all operating losses.
Keywords: Conversion, Cryogenics, Hydrogen, Liquefaction, Simulation.

1. INTRODUCTION
Hydrogen is considered one of the most promising fuels. The world hydrogen production was
about 60 million tons in 2017yr., and the production increase is expected to be 10-15 times due to
renewable energy sources by 2050yr. (Klaus et al., 2007). There are many researchers explored
the hydrogen use as a fuel and noted its benefits as Eremin et al. (2018), Kavtaradze et al. (2019).
Because of the hydrogen growing demand, the hydrogen production increases of either liquid and
gaseous forms, production technological schemes of it are being improved. Moreover, largecapacity hydrogen liquefiers are considered the most promising (Cardella et al., 2017). In that
regard, there is a growing need for modeling not only for the entire technological scheme, but also
individual equipment, such as ortho-para conversion reactors.
The ortho-para hydrogen conversion effect consists in the spontaneous transition of orthomodification of hydrogen to para-modification for non-equilibrium concentration of these
modifications in hydrogen for given conditions. Hydrogen ortho-para conversion effect leads to
additional heat release, the value of which can exceed the latent heat of hydrogen liquefaction
(Larsen et al., 1948). Therefore, creation an ortho-para conversion model is one of the main
problems of design schemes for hydrogen. Simulation programs like UniSim Design, GIBBS,
PRO/II, Aspen Hysys have many different modules (Matveev and Smorodin, 2016), but no one for
hydrogen conversion process, raising the question of artificial methods for simulating conversion
reactors for hydrogen liquefier cycles.
Nowadays, no article reveals an approach to modeling the ortho-para conversion process,
although the modeling of cycles is carried out in the programs mentioned above even in dynamic
mode as in Aleksandrov et. al. (2016) and Nagimov et. al. (2016). In some cases, the ortho-para
conversion effect is neglected to simplify the calculations.
It has been shown that about 15% of power in hydrogen liquefier cycles is spent on ortho-para
hydrogen conversion process (Quack, 2001). Therefore, in the face of increased competition the
heat of ortho-para hydrogen conversion should be taken into account for calculation and modeling.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

385

The article objective is to determine the most optimal way to simulate the ortho-para conversion
process in hydrogen liquefier cycles in optimization and modelling programs of technological
processes.

2. RESEARCH STAGES AND RESULTS EVALUATION
In the framework of the article objective it is considered the real gas state equation choice for
hydrogen liquefier cycles modeling. The equation evaluation is based on the handbook (Gamburg,
1989). Three ways of ortho-para conversion process modeling is presented and simulated in the
correspond programs. As a result, it is chosen the best fit ways of modeling. Then the hydrogen
liquefaction cycle is compared to operated cycles with all losses considered to understand the
applicability of chosen way of ortho-para conversion simulation.
2.1.

Real gas state equation choice

It highly important to choose the correct gas state equation for considered gas for process
simulation. The most popular Peng-Robinson state equation is not match to calculate the hydrogen
state parameters (see Figure 1 and Table 1). All state equations possible versions for hydrogen
presented in the simulation programs are considered. The following equations were chosen:
 Peng-Robinson state equation (hereinafter PR) presented by Peng and Robinson (1976).
The pointed equation is a modification of the van der Waals equation of state. It well
describes the fluid density and vapor-liquid equilibrium for hydrocarbon systems.
 Peng-Robinson-Twu state equation (hereinafter PR-Twu) presented by Twu et al. (1995).
Cubic state equation modification for Twu and co-authors.
 Peng-Robinson Stryjek-Vera state equation (hereinafter PRSV) presented by Stryjek and
Vera. (1986). A modification of the PR equation, extending its range for non-ideal systems.
 The modified Benedict, Webb, and Rubin equation (hereinafter BWRS) for pure
components proposed by Han and Starling (1972). The model is used to calculate systems
under pressure in both the processing and extraction industries.
 Modified Benedict-Webb-Rubin equation of state (MBWR). Modified 32-term BenedictWebb-Rubin equation of state for pure components.
 Zudkevitch-Joffee state equation (hereinafter ZJ) presented by Zudkevitch and Joffee
(1970). It is a modification of the Redlich-Kwong equation of state. The model is used to
calculate vapor-liquid equilibrium for hydrocarbons and systems containing hydrogen.

a)
b)
Figure 1: The hydrogen isobar specific heat at two pressures and various temperatures, depending
on the equation of state:
reference data (Gamburg, 1989);
MBWR;
PR-Twu;
PR;
BWRS;
ZJ;
-1
PRSV; Cp – hydrogen isobar specific heat in kJ·(kg·K) ; T – temperature in K;
a) gas pressure 10 MPa (100 bar);
b) gas pressure 20 MPa (200 bar).
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Since the hydrogen conversion process is discussed in the article for a high pressure cycle, the
normal hydrogen heat capacities at pressures of 10 MPa and 20 MPa (Fig. 1) are taken into
account to select the equation of state. Additionally, it is considered the boiling point of hydrogen
and the latent heat of evaporation (Table 1). Reference data was taken from Gamburg, 1989.
Table 1. The hydrogen boiling point and the heat of evaporation at a pressure p = 101.325 kPa:
-1
Tb – hydrogen boiling point in K; qe – latent heat of hydrogen evaporation in kJ·kg .

Parameter /
property package
Tb, K
qe, kJ·kg-1

Handbook
data
20.39
454.2

PR

PR-Twu

PRSV

BWRS MBWR

18.69
446.4

20.39
455.7

21.25
441.4

20.28
544.1

20.23
445.4

ZJ
20.33
676.3

Based on the data in Fig. 1 and Table 1, it can be seen that the MBWR model is the most correct
one for hydrogen properties calculating. For isobaric heat capacity, the maximum error in
comparison with reference data is 3%, for boiling temperature and heat of evaporation it is 0.8%
and 2% respectively.
2.2.

Models of ortho-para conversion heat supply

The ortho-vapor conversion reactors modeling is considered for the three-stage high-pressure
hydrogen liquefier cycle (120 MPa) with external nitrogen pre-cooling on the first stage, with part –
flow expansion as the second stage, and with JT valve on the third one. The cycle was chosen as
an example and is not the main research subject in the article. Results of ways conversion reactors
modeling presented in the article can be applied to any hydrogen liquefier cycles.
The scheme is shown in Fig. 2a. The feed flow at point 2 is divided into two: production and
circulation flow, the last one removes heat from the production flow increasing the process
efficiency (Smith, 1984). It is more close to the real installation schemes. The question was raised
that the ortho-para phase of hydrogen backflow is not in equilibrium by Scott, 1959, therefore the
characteristics of the flow are unclear. In the article, the conversion of the circulating hydrogen flow
was decided to be neglected, since this effect is insignificant (Nandi and Sarangi, 1993).
The cycle comprises a compressor C, an aftercooler CA. Due to hydrogen low inversion
temperature of about 204,6 K and to remove the hydrogen heat conversion, a nitrogen pre-cooling
bath B is presented, which is modeled as a three-flow heat exchanger. In order to increase the
efficiency and to remove the hydrogen conversion heat, an expander E is presented. Also there
are 2 HE1/2 heat exchangers, a JT1/2 JT valves and a separator S. The ortho-para conversion
reactors R1, R2, R3 are integral parts of the heat exchanger, the nitrogen bath and the separator
respectively. The reactors were presented as heaters during simulation. Various schemes of
reactors placements into a hydrogen liquefier are presented in (Arkharov et al., 1999). It is implied
the use of adiabatic reactors. Since the temperature of hydrogen after HE2 insignificantly differs
from the flow temperature at point 5, for the reason there is no need to install an additional heat
exchanger at the expander stage.
The implementation of the scheme in Fig. 2a in the simulation programs is not possible in its
identical form with the implementation of ortho-para conversion. Therefore, in order to perform
calculations in simulation programs, the scheme was partially modified.
Fig. 3 a), b) and c) show various ways for ortho-para conversion reactors realization in simulation
programs for hydrogen liquefaction and hydrogen conversion design scheme. The first two orthopara conversion reactors are designated as heat supply modules to flows R1, R2. The third
converter R3 is modeled by supplying heat QR3 to the separator S (Fig. 2 a). Accordingly, schemes
a), b) and c) in Fig. 3 are mainly differ in the installation location of the ortho-para reactors R1, R2.
In the first scheme (hereinafter scheme I), shown in Fig. 3 a), the converters R1, R2 are installed
on a production flow of hydrogen, as in the designed (real) installations with the peculiarity that the
ortho-para conversion heat supply occurs before B, HE2. At the end of the pointed equipment
ortho-para conversion takes place in real conditions of designed installations at temperatures in
points 3 and 4 respectively. Therefore the conversion specific heat was calculated based on the
flow temperature at the outlet of equipment B, HE2 for reactors R1, R2 respectively, according to
the Eq. (1) (Arkharov et al., 1999):
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a)

b)
Figure 2: Hydrogen liquefaction cycles:
B – pre-cooling bath; C - compressor; CA – compressor aftercooler; E – expander; GH2 – gaseous
hydrogen; GN2 – gaseous nitrogen; HE1, HE2, HE2 – heat exchangers; JT1, JT2 – JT valves; LH2 –
-1
liquid hydrogen; LN2 – liquid nitrogen; QR1, QR2, QR3 – ortho-para conversion heat flow in kJ·h ; R1, R2,
R3 – ortho-para conversion reactors.
a) preliminary scheme;
b) design scheme.
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qcon = 7,05 · (С – С0)

Eq. (1)

where qcon is ortho-para conversion specific heat in kJ·kg-1, С0 is initial (before the considered
hortho-para conversion in the reactor) parahydrogen fraction in %, С is parahydrogen fraction in
the mixture at reactor temperature (fraction close to equilibrium at the reactor temperature) in %.

.

a)
b)
c)
Figure 3: Various ways to ortho-para conversion reactors modeling in the liquefaction and orthopara-conversion hydrogen schemes:
HE2, HE2’ – heat exchangers; B, B’ – pre-cooling baths; GN2 – gaseous nitrogen; LN2 – liquid nitrogen;
-1
QR1, QR2 – ortho-para conversion heat flow in kJ·h ; R1, R2 – ortho-para conversion reactors.
a) on the feed flow;
b) on the feed flow with the heat exchangers splitting into two units;
c) on the back flow.

The parahydrogen concentration depends on the temperature and was taken from the data for
Malkov et al. (1985) or was calculated by the interpolation method for midvalues. The ortho-para
conversion heat was obtained by multiplying the specific heat by the mass flow rate of hydrogen at
the specified points.
In the second scheme (hereinafter scheme II), shown in Fig. 3b), it was decided to split the precooling nitrogen bath B and the HE2 heat exchanger from the basic scheme (Fig. 2a) into two
corresponding equipment. The equipment B ’and HE2’ in Fig. 3b) serve to remove the ortho-para
conversion heat from the production flow to backflow. In fact, one nitrogen bath and one heat
exchanger are mounted, conversion proceeds inside of the equipment at the presence of catalysts
(Berstad et al., 2009). Converters R1, R2 are installed on a production flow of hydrogen, the
conversion specific heat was calculated using Eq. (1) with described earlier method, based on the
outlet flow temperature of equipment B and HE2 to determine the parahydrogen concentration.
The last scheme (hereinafter scheme III), shown in Fig. 3c), differs from the previous ones in the
following. The reactor R1 is installed on the pre-cooling nitrogen flow, R2 is installed on the
hydrogen backflow, since the conversion heat is perceived by the backflow on the lower
temperature level in comparison with production flow in scheme I. The calculation method and
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temperatures selection for determining the parahydrogen concentration is similar to the principle of
calculation for the previous schemes.
In order to compare the schemes (ways of orto-para conversion process modeling) in Fig. 3, the
following values in Table 2a) were taken as input data (point 1 in Fig. 3). To simplify, the mass flow
rate was assumed to be 1 kg·h-1. The compressor characteristic is shown in Table 2 b) for all the
specified schemes. The compressor isothermal efficiency was taken for Plastinin (2006).
Table 2. Input data for hydrogen liquefaction schemes:
a) data for the point 1 Fig. 3 a);
b) compressor characteristic.

Parameter
Molar composition
-1

Mass flow G, kg·h
Temperature T, K
Pressure p, bar(a)
Vapour mass fraction

Value

Parameter

Value

100% H2

Isothermal efficiency

69.00

1.00
300.00
1.00
1.00

Suction pressure, bar(a)
Discharge pressure, bar(a)

1.00
120.00

Flow temperature after
cooler CA, K

300.00

a)

b)

The nitrogen bath inlet temperature (Fig. 3a, b, c) corresponds to the boiling temperature at a
pressure of 1 bar(a). The temperature approach in heat exchangers HE1, HE2 and in the precooling bath B were taken on the basis of recommendations for Arkharov at al. (2009) and equal to
10K, 2K and 3K correspondingly. Hydraulic losses and heat leaks are not considered
The hydrogen mass flow fraction going to the expander E and the flow temperature at point 4 (T4 in
K) are optimization parameters in the cycle. The temperature T4 is set on the basis of the
expander mass flow and the temperature approach. The optimization goal is liquefaction coefficient
x (unitless). All schemes in Fig. 3 were optimized by the described principle.
Scheme I and scheme III show the same optimization result (Table 3). In the scheme I with placing
the ortho-para conversion reactor on the production flow the optimal expander mass fraction is
0.481 with the x coefficient equal to 0.345. For schemes II and III expander flow is equal to 0.648
with a coefficient x equal to 0.122.
Table 3. The parameters of the hydrogen liquefaction schemes

Parameter\scheme

I

II

III

Liquefaction coefficient х
Specific compressor work lс, MJ·kg-1
Nitrogen mass flow, kg·h-1
Cycle specific work l, MJ·kg-1
Expander mass flow fraction
Temperature in point 4, K

0.345
22.95
5.182
100.7
0.481
22.67

0.122
64.30
2.849
185.7
0.648
34.03

0.122
64.30
2.849
185.7
0.648
34.03

199.6

116.2

116.2

Temperature in point 2, K
-1

Work for nitrogen liquefaction accepted 4,5 MJ·kg liquid N2 (Arkharov et al., 1999)
Based on Table 3, it can be noted the scheme II and III (Fig. 3 b and c respectively) have the same
characteristics. It is explained by the fact that the ortho-para hydrogen conversion heat transfers
directly to the cold backflow in scheme III and by means of the HE2 ’and B’ heat exchangers in
scheme II. Hereinafter it is enough to compare scheme I with scheme III.
it can be noted the cycle parameters are differ considerably depending on conversion reactors
placement in the simulation cycle (for the liquefaction coefficient the difference is 2.8 times). At first
glance, scheme I seems logical strong due to conversion reactors placement, since in the case of
a real installation reactors could be mounted also on the production flow and the same equipment
could have conversion heat load. In terms of heat transfer the scheme III will be correct, since the
conversion heat load transfers at the same temperature level as in the actual installation.
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A similar situation is with the scheme II. The ortho-para conversion heat is supplied at the proper
temperature level, but by the heat exchangers T2 ’and B’. This fact can be confirmed by comparing
the cycle parameters in Table 3. In scheme I the heat of conversion QR2 (Fig. 3a) have a slight
affect the backflow inlet temperature into the HE2 heat exchanger (Fig. 3a, point 5) and the same
one for the production outlet temperature, since the minimum temperature approach in HE2 is at
the cold end. It mainly affects the temperature of the backflow from HE2 (Fig. 3a, point 6),
increasing it with increasing QR2 and increasing the dimensions of the HE2 heat exchanger by
increasing the heat load in it. Consequently the feed flow in the HE1 heat exchanger cools down
less than in schemes II and III, which can be seen by comparing the temperatures of point 2 in
table 3. Thereby, there is a large heat load on the pre-cooling bath B, which leads to increase in
nitrogen consumption in scheme I (Table 3). Thus, the ortho-para conversion heat QR2 affects
mainly the consumption of nitrogen in the pre-cooling bath B in scheme I, which is not correct.
Regarding schemes II and III, the first one is most similar to the actual installation in terms of the
conversion reactor location and the heat supply point. If a detailed scheme calculation is required,
scheme II should be taken into account with R1, R2 converters and B ’, HE2’ equipment.
Additionally, isothermal and continuous conversion (with simultaneous heat conversion removal
and production flow cooling, Smorodin and Shuyakov, 2000) could be also simulated by splitting B,
B ’, HE2, HE2’ equipment in scheme II so that the conversion process is close to the isothermal or
continuous process of ortho-para conversion. Scheme III allows us to carry out an estimated
calculation of the cycle with less time.
2.3.

Hydrogen liquefier cycle calculation close to the real cycle

Within the framework of the task, it is proposed to calculate the hydrogen liquefier cycle with orthopara conversion reactors, taking into account circulation flow, equipment temperature approaches,
hydraulic resistances, factor of margin for the liquid nitrogen consumption in the pre-cooling bath,
heat leaks in the cycle. The scheme of the cycle is shown in Fig. 2b).
In comparison with the previously presented schemes the new scheme has a HE3 heat exchanger
with 1K temperature approach instead of separator S. Due to the hydraulic resistances, the
compressor discharge pressure is 13 MPa. The pressure at point 5 is equal to 1,4 bar(a). The
conversion heat supplied in the reactor R3 corresponds to the equilibrium concentration of
hydrogen ortho-para modification at point 5. The circulation flow is considered.
The accepted values of hydraulic resistances correspond to the recommendations (Arkharov,
2009) are equal to 1% of the equipment inlet pressure for high pressure flows, 2-3% for low
pressure flows. For the HE3 the hydraulic loss is 1% of the inlet pressure for both flows. The
nitrogen margin in the nitrogen bath B is 15% of the total nitrogen consumption (Arkharov, 1999).
Heat losses constitute 3% of the entire cooling capacity of the cycle (Arkharov, 1999).
The results of the calculation of the cycle are presented in Table. 4. It could be seen, such
characteristics as the liquefaction coefficient and the cycle specific work correspond to the
characteristics for the same cycles (Arkharov et al., 1999).
Table 4. Hydrogen liquefaction scheme close to real cycle

Parameter\scheme

Value

Liquefaction coefficient х
Specific compressor work lс, MJ·kg-1
Nitrogen mass flow, kg·h-1
Cycle specific work l, MJ·kg-1 liquid H2
Cycle specific work l, MJ·dm-3 liquid H2

0.252
32.03
4.58
117.1
8.131

Work for nitrogen liquefaction accepted 4,5 MJ·kg-1 liquid N2 (Arkharov et al., 1999)

3. CONCLUSIONS
As a result of analyzing and calculating methods of ortho-para conversion modeling in simulation
programs, it was proposed to use heater model as a reactor to supply the ortho-para conversion
heat in hydrogen liquefier cycles to the backflow if an estimated cycle calculation is required. A way
of the detailed calculation of the hydrogen ortho-para conversion process was also proposed.
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It was shown that an error in the hydrogen ortho-para conversion simulation can lead to a 2.8 times
excess of the cycle liquefaction factor relative to the proposed model.
The calculation of the hydrogen liquefier cycle with any losses was also carried out in order to
assess the characteristics of the cycle in simulating the ortho-para conversion process by the
proposed method.
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ABSTRACT
A new gas liquefaction cycle, noted by SCC-HC/CBS-RB&JT, is presented as an improved version
of a first cycle introduced in a former author paper. The cycle is a joint of Reverse Brayton (RB), run
by helium, and Joule-Thomson (JT), run by the gas to be liquefied. It benefits of new main features,
such as: a) the gas precooling at 𝑇𝐷𝐼 = −75℃ and 𝑇𝐸𝑆𝑆 = 15℃ is boosted by sub-sink cooled
compression (SCC), applied to both joint cycles; b) the SCC is performed by Hybrid Compression
(HC) or Coabsorbent (CBS) technology, run in the ultra-low temperature refrigeration (ULTR)
domain; c) the RB&JT joint is improved, to increase efficiency and feasibility. A simple algorithm for
assessment of the specific work consumption and effectiveness of HC and CBS -ULTR technologies,
run in different operation conditions by 𝑁𝐻3 − 𝐻2 𝑂 and 𝑁𝐻3 , is given. Next, the SCC-HC/CBSRB&JT is described and modeled. Depending on ULTR type, the model results of HeL, HL and LNG
show 𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 is by 10-20 times smaller, up to 7,5 % out of the specific hydrogen
heating value and by 2-4 times less, respectively, as compared to 𝑙𝑠𝑝𝑒𝑐 of current technologies in
kind.
Keywords: hybrid compression technology, coabsorbent technology, thermal-to-work recovery
compression, ultra-low temperature refrigeration, helium, hydrogen and methane liquefaction,
Reverse-Brayton cycle, Joule-Thomson cycle.

1. INTRODUCTION
The Hybrid Compression (HC) concept and technology have been introduced lately by the author
(Staicovici, 2014, 2015a, b, c, 2016a, b, 2017a, b, 2018a, b). HC has the potential to achieve more
flexibly and feasibly ultra-low temperature refrigeration (ULTR) and ultra-high temperature heat
pump heating (UHTH). Further on, the author enlarged the HC concept, elaborating recently the
Partial-Hybrid Compression (PHC) (Staicovici, 2016a) and the Hybrid Compression for SubEnvironmental Cooling Temperature Operation Refrigeration (HC-SECTOR) (Staicovici, 2018b).
The PHC and HC-SECTOR have been considered so far in three ULTR-cryogenic studies, of air,
natural gas and hydrogen liquefaction, (Staicovici, 2017a, b, 2018a). Out of the three studies, the
first two applied a classic technology to the air and natural gas liquefaction. This technology
principally consists on one side in gas precooling with either cascades of mechanical vapor
compression (MVC) cooling units or with liquid nitrogen, and in the use of the Joule-Thomson
expansion cycle (JTEC) and the Linde heat exchanger (LHE), on the other side. The third process,
of hydrogen liquefaction (HL), has been modeled differently, taking into account the many recent
cycles analyzed, showing improved specific work 𝐿𝑠𝑝𝑒𝑐 , [𝐿𝑠𝑝𝑒𝑐 ] = 𝑘𝑊ℎ𝑒 ∗ (𝑘𝑔 𝑜𝑓 𝑙𝑖𝑞𝑢𝑖𝑑 𝑔𝑎𝑠)−1
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(Eckroll, 2017). Among them, the Claude cycle is significant. It includes turbo-expanders to precool
gas before LHE and yield work (Stamatescu, 1982, Shimko, 2008, Eckroll, 2017)). Also, an effective
HL cycle was originally introduced, optimizing a joint between a version of the Reverse-Brayton cycle
(RB), named RB expansion cycle (or modified Claude cycle) and the JTEC, (Shimko, 2017). And
last but not least, an efficient cycle was proposed by Valenti et al., based also on a RB & JTEC joint
(Eckroll, 2017). According to current practice, the interstage-cooling of compression of all
technologies mentioned above is done solely with ambient sink source, called ambient cooled
compression (ACC) (Staicovici, 2018a), while the precooling processes, used in cryogenic
liquefaction to meet JT inversion (JTI), (Hendricks, 1972), are achieved by MVC refrigeration plants,
only (except RB / Claude cycle). However, in author recent studies, mentioned above, for the first
time the precooling process is considered to be achieved by compression with interstage-cooling at
temperatures below ambient sink source temperature, or in short by Sub-sink Cooled Compression
(SCC), (Staicovici, 2018a), in order to diminish 𝐿𝑠𝑝𝑒𝑐 . Besides PHC and HC-SECTOR, a third ULTR
technology will be considered in this work, as well, the Coabsorbent Technology (CBS), introduced
by the author at the end of the last decade, (Staicovici, 2014). The cooling of SCC process is
modeled in this work considering all mentioned ULTR technologies, i.e. PHC, HC-SECTOR and
CBS. Besides SCC, the three ULTR technologies are involved also in all the other cooling processes
of a gas liquefaction, such as the precooling below 𝑇𝑎𝑚𝑏 of the 𝑦 inlet gas mass fraction, as well as
in the Thermal-to-Work Recovery Compression (TWRC) processes, (Staicovici, 2014), when it
provides the cooling for the Rankine Recovery Cycles (RRC) and for completing the compression
interstage cooling (Staicovici, 2018a). The present work continues the author research concerning
the gas liquefaction, presenting a new cycle, the SCC-HC/CBS-RB&JT. This cycle improved
efficiency as compared to the cycle considered in (Staicovici, 2018a) for HL. For this reason, besides
helium liquefaction (HeL), as new study, the paper focuses on former hydrogen and methane
liquefaction (LNG) studies too, in order to improve their 𝐿𝑠𝑝𝑒𝑐 . The outputs are given for all ULTR
technologies mentioned and are compared each other and as well with former results. Finally,
conclusions are expressed.

2. RELATIONSHIP OF SCC-HC/CBS-RB&JT WITH EXTERNAL SOURCES
WHICH IS CONNECTED TO
The SCC-HC/CBS-RB&JT efficiency depends to an important extend on the heat sources which the
HC and CBS are connected to, in order to diminish 𝐿𝑠𝑝𝑒𝑐 . For this reason, in this section we give the
HC and CBS cooling technologies a look-over with respect to their ULTR specific work consumption
and effectiveness in a few different operation conditions, Table 1. Concerning the first, as already
known, the HC concept is a two-technology synergy, which lays down the operation of an absorption
technology section (ATS) and a mechanical vapor compression technology section (MVCTS), so
that MVCTS plays the role of either internal sink and heat or just the internal sink or heat source for
ATS, while ATS performs the useful task of cooling or heating, respectively. Referring to the second,
CBS is just absorption technology, noted with ATS as well. In Table 1, Eqs. 1 and 5 are the energy
balances of ATS and MVCTS, respectively. Also, Eqs. 2, 3 and 4 represent the effectiveness of ATS
cooling effect, solution pumping and rectification, respectively, while Eq. 6 is the MVCTS cooling
effectiveness. Finally, Eq. (7) expresses the specific work consumed by the power station when
supplying the ATS with heat in cogeneration. The specific work consumption of HC or CBS cooling,
𝐶𝑂𝑃𝑐 (𝑤), is calculated by Eq. (8), or taking into account Eqs. 2-4 and 6, 7, by the final comprehensive
Eq. (9). In the lower part of Table 1, we list four different heat supply situations offered by the current
practice, together with the resulting 𝐶𝑂𝑃𝑐 (𝑤) given by Eqs. (10)-(14) as particular cases of Eq. (9).
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Table 1. Simple algorithm for assessment of specific work consumption and effectiveness of HC
and CBS -ULTR technologies run in different operation conditions by 𝑵𝑯𝟑 − 𝑯𝟐 𝑶 and 𝑵𝑯𝟑 .

𝑞𝐴 + 𝑞𝑅 + 𝑞𝑟𝑐𝑡𝑓 =𝑞𝐺𝑅 + 𝑞𝐷 + 𝑤𝑝 Eq. (1); 𝑞𝐷 𝑞𝐺−1 = 𝐶𝑂𝑃𝑐,𝑎 Eq. (2); 𝑞𝐷 𝑤𝑝−1 = 𝐶𝑂𝑃𝑐,𝑤 Eq. (3)
−1
𝑞𝐷 𝑞𝑟𝑐𝑡𝑓
= 𝐶𝑂𝑃𝑐,𝑟𝑐𝑡𝑓 Eq. (4); 𝑞𝐴 + 𝑞𝑅 + 𝑤𝑐 = 𝑞𝐶 Eq. (5); (𝑞𝐴 + 𝑞𝑅 )𝑤𝑐−1=𝐶𝑂𝑃𝑐,𝑚𝑣𝑐 Eq. (6)
−1
𝑞𝐺𝑅 𝑤𝑐𝑔
=𝐶𝑂𝑃ℎ,𝑐𝑔

−1

Eq. (7);

𝐶𝑂𝑃𝑐 (𝑤) = 𝑞𝐷 (𝑤𝑝 + 𝑤𝑐 + 𝑤𝑐𝑔 )

Eq. (8)
−1

−1
−1
𝐶𝑂𝑃𝑐 (𝑤) =
+
+
−
+
+ 𝐶𝑂𝑃𝑐,𝑎
𝐶𝑂𝑃ℎ,𝑐𝑔
Eq. (9)
]
−1
1) Case of working taking place with external free heat supply, 𝐶𝑂𝑃𝑐𝑔 = 0, and neglecting
−1
the pumping work, i.e. 𝐶𝑂𝑃𝑐,𝑤
≅0. The 𝐶𝑂𝑃𝑐 (𝑤) of PHC is assessed by:
−1
[𝐶𝑂𝑃𝑐,𝑤

−1
(𝐶𝑂𝑃𝑐,𝑎

−1
𝐶𝑂𝑃𝑐,𝑤

−1
𝐶𝑂𝑃𝑐,𝑟𝑐𝑡𝑓

−1
1)𝐶𝑂𝑃𝑐,𝑚𝑣𝑐

−1

−1
−1
𝐶𝑂𝑃𝑐,𝑃𝐻𝐶 (𝑤) ≅ 𝐶𝑂𝑃𝑐,𝑚𝑣𝑐 (𝐶𝑂𝑃𝑐,𝑎
− 𝐶𝑂𝑃𝑐,𝑟𝑐𝑡𝑓
+ 1)

Eq. (10)

−1
2) Case of working taking place without any external heat supply, so 𝐶𝑂𝑃ℎ,𝑐𝑔
= 0, and
−1
the pumping work is neglected, i.e. 𝐶𝑂𝑃𝑐,𝑤 ≅0. The 𝐶𝑂𝑃𝑐 (𝑤) of HC and HC-SECTOR
are assessed by:
−1
−1
−1
𝐶𝑂𝑃𝑐,𝐻𝐶 (𝑤) ≅ 𝐶𝑂𝑃𝑐,𝑚𝑣𝑐 (𝐶𝑂𝑃𝑐,𝑎
− 𝐶𝑂𝑃𝑐,𝑟𝑐𝑡𝑓
+ 1)
Eq. (11)
𝐶𝑂𝑃

𝑐,𝑀𝑉𝐶𝑇𝑆−𝐸𝑆𝑆
𝐶𝑂𝑃𝑐,𝐻𝐶−𝑆𝐸𝐶𝑇𝑂𝑅 (𝑤) ≅ 𝐶𝑂𝑃ℎ,𝑀𝑉𝐶𝑇𝑆−𝐸𝑆𝑆
−1
𝐶𝑂𝑃ℎ,𝑀𝑉𝐶𝑇𝑆−𝐺

𝐶𝑂𝑃𝑐,𝐴𝑇𝑆 +1

Eq. (12)

−1
3) Case of working taking place with external free heat supply, 𝐶𝑂𝑃𝑐𝑔
= 0, and without
−1
any compressor use, so that 𝐶𝑂𝑃𝑐,𝑚𝑣𝑐
=0. In this case, of pure absorption, the pumping
−1
work is usually very small. However, here it will not be neglected, so 𝐶𝑂𝑃𝑐,𝑤
≠0. Further
on the 𝐶𝑂𝑃𝑐 (𝑤) of Coabsorbent (CBS) cooling technology is assessed by:

𝐶𝑂𝑃𝑐,𝐶𝐵𝑆 (𝑤) = 𝐶𝑂𝑃𝑐,𝑤

Eq. (13)

4) Case of working supplied by an external heat source resulted for instance from the
cogeneration of a power plant. The 𝐶𝑂𝑃𝑐 (𝑤) of CBS can be assessed by eqn. (9), where
−1
−1
𝐶𝑂𝑃𝑐,𝑚𝑣𝑐
=0 and 𝐶𝑂𝑃𝑐,𝑤
≅0, so:
𝐶𝑂𝑃𝑐,𝑐𝑔,𝐶𝐵𝑆 (𝑤) ≅ 𝐶𝑂𝑃𝑐,𝑎 𝐶𝑂𝑃ℎ,𝑐𝑔

Eq. (14)

Table 2. Main ULTR cycles results considered for this work, 𝑻𝑫𝑰 = −𝟕𝟓℃; 𝑻𝑬𝑺𝑺 = 𝟏𝟓℃.

ULTR
cycle

𝑇𝑀,ℎ
(℃)
85,23𝑃𝐻𝐶
127,9
𝐻𝐶
-51,48
𝑆𝐸𝐶𝑇𝑂𝑅 -57,19
𝐶𝐵𝑆dt
𝐶𝐵𝑆qt

87
5863
58
54,5

𝑇𝑀,𝑐
(℃)
-10
+5
-65
-67,5
1518
1518
15
15

𝐶𝑂𝑃𝑐,𝑎
(−)
0,48830,3241
0,88820,9097
0,11890,1485
0,10210,0945
0,1021
0,1125

𝐶𝑂𝑃𝑐,𝑚𝑣𝑐 𝐶𝑂𝑃𝑐,𝑃𝐻𝐶 (𝑤) 𝐶𝑂𝑃𝑐,𝐻𝐶𝑆𝐸𝐶𝑇𝑂𝑅 (𝑤) 𝐶𝑂𝑃𝑐,𝐶𝐵𝑆 (𝑤)
(−)
(−)
(−)
(−)
7,923,15221,15
8,529
1,8521,899
228,81)
0,0
119,9177,60,0
171,7
0,0
3,063
0,0
4,5

𝐶𝐵𝑆qt2)
𝐶𝑏𝑠qt3)
Gravel
7,987
1,872
150
choice
−1
1)
𝜂𝑝𝑢𝑚𝑝 = 0,8; 2) Heat supply in cogeneration, 𝐶𝑂𝑃ℎ,𝑐𝑔 ≅ 30, (Staicovici, 2014) and 𝐶𝑂𝑃𝑐,𝑚𝑣𝑐
=0, so
−1
Eqn. (14) applies; 3)Same as 2) but for 𝑇𝐷𝐼 = −70℃; 𝑇𝐸𝑆𝑆 = 15℃, when 𝐶𝑂𝑃ℎ,𝑐𝑔 ≅ 40 and 𝐶𝑂𝑃𝑐,𝑚𝑣𝑐
=0.
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In Table 2 we show results of Eqs. (10)-(14), with 𝑇𝐷𝐼 = −75℃, −70℃, and 𝑇𝐸𝑆𝑆 = 15℃ as main input
data. 𝐶𝐵𝑆dt and 𝐶𝐵𝑆qt are coabsorbent double and quadruple truncated cooling units, respectively,
(Staicovici, 2014). Table 2 shows case (4) results, too. HC-SECTOR does not need external heat
supply and CBS heat supply is permanent, but 𝐶𝑂𝑃𝑐,𝑐𝑔,𝐶𝐵𝑆 (𝑤) > 𝐶𝑂𝑃𝑐,𝐻𝐶−𝑆𝐸𝐶𝑇𝑂𝑅 (𝑤). However, this
work considers cases (1) to (3), only, which effectiveness of are shown by the last line in Table 2.

3. SCC-HC/CBS-RB&JT GAS LIQUEFACTION CYCLE
The SCC-HC/CBS-RB&JT gas liquefaction cycle is represented in Fig. 1. It is a joint between the
Joule-Thomson (JT) expansion cycle, right side T-s diagram, and the Reverse-Brayton cycle (RB),
left side p-v diagram. The RB and JT cycles are run by helium and by the gas to be liquefied,
respectively. The RB cycle has a quasi-isothermal compression evolution, 12, 𝑝2 > 𝑝1 , provided with
inter-stage HC-, or CBS-SCC. During the 12 evolution, RB receives compression work 𝐿𝑐 . The SCC
is done at a temperature 𝑇𝐷𝐼 + 𝛿𝑇, where 𝑇𝐷𝐼 is the ULTR temperature produced by HC or CBS,
much below ambient temperature 𝑇𝑎𝑚𝑏 , 𝑇𝐷𝐼 + 𝛿𝑇 ≪ 𝑇𝑎𝑚𝑏 . HC-, or CBS-SCC is applied to
compressed helium until point 2 is reached. This coincides with the turbo-expansion process
beginning, covering the quasi-isentropic 23, 𝑝2 ≫ 𝑝3 . In this way, RB is represented in Fig. 1 as a
Triangular Reverse-Brayton (TRB) cycle, because point 2 is common to both quasi-isothermal
compression and quasi-isentropic expansion evolutions. During the expansion 23 process, TRB
delivers work 𝐿𝑡−𝑒 . At the turbo-expander 23 exit, helium has lowest temperature, 𝑇3 = 𝑇32 − 𝛿𝑇 ≪
𝑇2 = 𝑇𝐷𝐼 + 𝛿𝑇 ≅ 𝑇1 . This high helium temperature decrease is caused by the single expansion
process with largest work output 𝐿𝑡−𝑒 , unlike the RB expansion cycle (or modified Claude cycle,
Shimko, 2017), where expanders are some and the total work output is small. Next to expansion,
helium is sucked by the compressors train on isobar 31 and suffers a heating process till 𝑇1 , when
receives heat 𝑄𝑖 . Concerning the JT cycle, the fresh y fraction of gas to be liquefied suffers a first
precooling process on 𝑝𝑎𝑚𝑏 isobar within the interval 14(𝑇𝑎𝑚𝑏 , 𝑝𝑎𝑚𝑏 ) − 13 (𝑇𝐷𝐼 + 𝛿𝑇, 𝑝𝑎𝑚𝑏 ), from
𝑇𝑎𝑚𝑏 till 𝑇𝐷𝐼 + 𝛿𝑇. In point 13 the precooled y fraction joins on same 𝑝𝑎𝑚𝑏 isobar the 1-y superheated
fraction of gas resulting from the JT expansion and coming from point 12(𝑇11−12 , 𝑝𝑎𝑚𝑏 ), in order to
complete the gas mass unit. Subsequently, the gas unit suffers a quasi-isothermal compression
evolution 13 (𝑇𝐷𝐼 + 𝛿𝑇, 𝑝𝑎𝑚𝑏 ) -31 (𝑇𝐷𝐼 + 𝛿𝑇, 𝑝31 ), 𝑝31 ≫ 𝑝𝑎𝑚𝑏 . In point 31, the compressed gas unit
is split in two complementary fractions, 31 − 31 − 𝐽𝑇 − 32 and 31 − 31 − 𝑅𝐵 − 32 by a 3-way valve.
The 31 − 31 − 𝐽𝑇 − 32 fraction suffers a second precooling till it reaches an optimum JTI state,
32 (𝑇32 ; 𝑝31 ), in order to minimize 𝐿𝑠𝑝𝑒𝑐 . This further precooling process takes place in a gas-gas
heat exchanger (see Fig. 1), recovering in countercurrent the cold exergy of fraction 1-y on isobar

Figure 1. Schematic of the SCC-HC/CBS-RB&JT gas liquefaction cycle.
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𝑝𝑎𝑚𝑏 , between points 12(𝑇11−12 , 𝑝𝑎𝑚𝑏 ) and 13 (𝑇𝐷𝐼 + 𝛿𝑇, 𝑝𝑎𝑚𝑏 ). The second fraction 31 − 31 − 𝑅𝐵 −
32 suffers the second precooling as well till the JTI point 32 (𝑇32 ; 𝑝31 ), recovering in countercurrent
the cold exergy of TRB helium between points (𝑇3 ; 𝑝3 ) and (𝑇1 ; 𝑝1 ) (see heat 𝑄𝑖 ). Further on, the
split complementary fractions recombine in point 32 (𝑇32 ; 𝑝31 ). The resulting gas unit to be liquefied
is expanded through JTI process expansion valve to obtain the complementary y liquid fraction we
look for, state 11(𝑇11−12 , 𝑝𝑎𝑚𝑏 ), and the 1-y gas fraction, state 12(𝑇11−12 , 𝑝𝑎𝑚𝑏 ), to close cycle.

4. MODEL RESULTS OF SCC-HC/CBS-RB&JT GAS LIQUEFACTION CYCLE
Helium, hydrogen and natural gas liquefaction has been modeled with the help of SCC-HC/CBSRB&JT cycle, using EES code (Klein, 2017), Fig. 1. All necessary input data are mentioned within
the space of figures plotting the results. Next, we start with the HeL.
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4.1.
Model Results of Helium Liquefaction
The HeL results are plotted in Figs. 2a-c vs. JTI temperature 𝑇32 . Figs. 2a, c represent data and the
specific work and mass, 𝑙𝑠𝑝𝑒𝑐 and 𝑚𝑠𝑝𝑒𝑐 , respectively, as reverse functions with ULTR parameter.
The approach of JTI temperature 𝑇32 of the critical temperature, 𝑇𝑐𝑟,𝐻𝑒 = 5,195 𝐾, improves by cca.
two times the functions values, as first important behavior. Second as importance is the ULTR
technology parameter. Best results are obtained with CBS and PHC use, followed by HC-SECTOR,
as expected. The 𝑙𝑠𝑝𝑒𝑐 model results have been compared with results obtained by the already
classic quantum HeL technology. To this extent, Quantum Design Co. produces HeL liquefiers with
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the following main technical parameters: a) liquefying rate: 30 l/24 h (1,25 l/ h); b) power
consumption: 6,5-7,5 kW. From these data, a mean specific work of 𝑙𝑠𝑝𝑒𝑐,𝑐𝑙𝑎𝑠𝑠𝑖𝑐 ≅ 44,8 𝑘𝑊ℎ𝑒 ∗
−1

(𝑘𝑔 𝐻𝑒𝐿)−1 results. In Fig. 2b we plot the ratio 𝑙𝑠𝑝𝑒𝑐,𝑐𝑙𝑎𝑠𝑠𝑖𝑐 ∗ (𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 ) against 𝑇32 ,
with ULTR as parameter. Depending on ULTR type, 𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 can be roughly by 10-20
times less as compared to 𝑙𝑠𝑝𝑒𝑐,𝑐𝑙𝑎𝑠𝑠𝑖𝑐 of a small-scale HeL production. This benefit is not justified by
the larger scale of the cycle at hand, only, but also because SCC-HC/CBS-RB&JT introduces several
new efficient technical solutions such as SCC - HC/CBS and an original RB&JT joint to improve
effectiveness. The next results, given for HL and LNG, will confirm this statement.
4.2.
Model Results of Hydrogen Liquefaction
The new HL results are plotted in Figs. 3a, b. Again, and despite a significant increase of the specific
heat, the approach of JTI temperature 𝑇32 of the hydrogen critical temperature, 𝑇𝑐𝑟,𝐻2 = 33,15 𝐾,
improves 𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 . Indeed, below 𝑇32 ≅ 36 𝐾 all ULTR use show ones of the best 𝑙𝑠𝑝𝑒𝑐
model results in HL, today. In this respect, the model with CBS and PHC gives hope to decrease
𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 below one tenth of the hydrogen heating value per mass unit, of 33.33 𝑘𝑊ℎ ∗
2,495

Specific work, lspec [kWhe/kg H2L]

𝑘𝑔−1. To this extent, our model best relative value is here 33,33 = 0,07486 < 0,075 𝑘𝑊ℎ𝑒/𝑘𝑊ℎ𝑡.
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Figures 3a, b. New results of hydrogen liquefaction, vs. JTI temperature, 𝑻𝟑𝟐 .
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4.3.
Model Results of LNG Liquefaction
The new results of LNG are plotted in Figs. 4a, b. The 𝐶𝐻4 critical point is 𝑇𝑐𝑟,𝐶𝐻4 = 190,6 𝐾, 𝑝𝑐𝑟,𝐶𝐻4 =
45,99 𝑏𝑎𝑟. The JT cycle pressure and temperature have been chosen: 𝑝31 = 47 𝑏𝑎𝑟 and 𝑇32 =
191,5, 185, 180, … , 155 𝐾, respectively. Our results are compared to the literature data. In (Franco,
2014), after a thorough analysis, the authors conclude that an advanced LNG process consumes
today about 𝑙𝑠𝑝𝑒𝑐,𝑐𝑙𝑎𝑠𝑠𝑖𝑐,𝐿𝑁𝐺 ≅ 0,805 𝑘𝑊ℎ𝑒(𝑘𝑔 𝐿𝑁𝐺)−1 . This actual figure of merit is much higher than
the model values given in Fig. 4a. Roughly speaking, from Figs. 4a, b, it results that applying the
technology proposed in this paper we can expect to decrease by 2-4 times the actual specific work
consumed for LNG, depending on the ULTR used.
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Figures 4a, b. New results of methane liquefaction, vs. JTI temperature, 𝑻𝟑𝟐 .

5. CONCLUSIONS
The paper presents a new gas liquefaction cycle, noted by SCC-HC/CBS-RB&JT. This cycle is an
improved version, from constructive and efficiency point of view, of a first cycle introduced in a former
paper by the author. The cycle is a joint of the Reverse Brayton (RB) and Joule-Thomson (JT) cycles.
It benefits of new main features, such as: a) the gas precooling at 𝑇𝐷𝐼 = −75℃ and 𝑇𝐸𝑆𝑆 = 15℃ is
boosted by a sub-sink cooled compression (SCC) technique, applied to both component cycles; b)
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the SCC is performed by Hybrid Compression (HC) or Coabsorbent (CBS) technology, run in the
ultra-low temperature refrigeration (ULTR) domain; c) the RB&JT joint is improved structurally, to
increase efficiency and feasibility. A simple algorithm for assessment of the specific work
consumption and effectiveness of HC and CBS -ULTR technologies, run in different operation
conditions by 𝑁𝐻3 − 𝐻2 𝑂 and 𝑁𝐻3 , is given. Next, the SCC-HC/CBS-RB&JT is described and
modeled. The RB and JT are run by helium and by the gas to be liquefied, respectively. Depending
on ULTR type used, the model results of HeL, HL and LNG show 𝑙𝑠𝑝𝑒𝑐,𝑆𝐶𝐶−𝐻𝐶/𝐶𝐵𝑆−𝑅𝐵&𝐽𝑇 is by 10-20
times smaller, up to 7,5 % out of the specific hydrogen heating value and by 2-4 times less,
respectively, as compared to 𝑙𝑠𝑝𝑒𝑐 of current technologies in kind.
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ABSTRACT
Ambient temperature has sensible influence on parameters of single mixed refrigerant cycle for
liquefaction of natural gas: decreasing natural gas inlet temperature and mixed refrigerant
temperature in aftercooler in wintertime. System adjusting to ambient conditions can decrease
annualized energy consumption. Authors develop simulation model and determine optimal operation
parameters depending on ambient temperature. Test installation and procedure to verify modelmade data are described. Control operation modes depending on ambient conditions are suggested.
Obtained results can be applied at LNG (liquefied natural gas) plants, which are based on single
mixed refrigerant cycle with phase separator.
Keywords: LNG, SMR, Ambient Temperature, Optimization, Regulation System.

1. INTRODUCTION
Small-scale LNG plants based on mixed refrigerant are located in different environmental conditions,
moreover, some of them work in territories with continental climate, which is notable for cold winters.
Influence of ambient conditions for small-scale natural gas liquefaction plants is described by
Arkharov and Semenov (2016), Arkharov et al. (2016a) and Arkharov et al. (2016b). Changing
working conditions require regulation of working parameters of MR (mixed refrigerant) cycle
(refrigerant composition, discharge and suction pressure) to provide optimal operation and decrease
exergy losses. Varying the composition of MR is the most common way to adjust to changing ambient
conditions according to Xu et al. (2014) and Park et al. (2016). Performing of this regulation method
makes a demand for on-line chromatography to control composition of refrigerant, significant
reserves for refrigerants to store for charging, flowmeters to measure correction charge. These
additions raise a price of plant, it is more sensible for small-scale plants than for medium and large
ones.
As an example, Magnitogorsk, Russia is chosen as a location for small-scale LNG plant. There is
high demand for liquefied natural gas as a fuel for mining trucks. Besides that, local climate
conditions are notable for low ambient temperature at winter and high – for summer, temperature
chart is shown on Fig. 1.
40
30
20
10
0
-10
-20
Meduim ambient temperature

NG inlet and MR after cooler temperature

Figure 1: Medium temperature chart for Magnitogorsk, Russia
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Authors suggest adjusting method for mixed refrigerant liquefaction cycle to changing ambient
conditions. Regulation scheme is presented at Fig. 2. Control loop for mixed refrigerant cycle with
phase separator includes separator for low pressure flow S1, separator for high pressure flow S2,
refrigerant receiver RR, pump P, flow control valves EV-1, EV-2, expansion valve EV-6, solenoid
valve SV-1.
It does not comprise varying of composition with means of external refrigerant storage. Composition
of circulating MR changes by variation of two parameters: pressure of refrigerant in receiver RR and
liquid refrigerant level in separator S1. The objective of this work is to determine these values by
numerical model and validate them by experiment.
Control system works in a certain way: with ambient temperature decreasing, temperature of MR
after cooler and inlet NG temperature drop. According to these changings, control system regulates
pump P and valves EV-6 and SV-1 to keep appropriate values of pressure and liquid level. Valves
EV-1, EV-2 regulate flow distribution to heat exchangers HE-1 and HE-2. Decreasing temperature
of MR after condenser leads to increasing of liquid fraction, thuswise, there is lack of high- and midboiling components in vapour flow from separator S2. As a result, temperature cross occurs in HE2 because of insufficient low-pressure flow of MR. To avoid that, HE-2 hot pinch minimum approach
is controlled and maintained by flows distribution regulated by valves EV-1 and EV-2.
Aftercooler

EV-1

HE-1
HE-2

SV-1
EV-2

P

C
R
R

EV-4

EV-3

EV-6

NG
Vapour

S2

EV-5
LNG
Storage

S1
NG

LNG

Figure 2: Control system for single MR cycle for natural gas liquefaction cycle with phase separator

2. THEORETICAL MODEL
First step of theoretical approach is modeling and optimization of MR cycle for the worst conditions:
temperature of inlet NG (natural gas) and MR after condenser are 45°C. Model is developed in oil
and gas processing software «ASPEN HYSYS 8.0». Programs «ASPEN HYSYS 8.0» and «Matlab
v.R2016a» are used to solve optimization problems. Parameters of optimization and interaction
description are mentioned by Bychkov et al. (2017), Smorodin and Parshin (2018). Optimization
constraints are given in Table 1. Model parameters are described in Table 2. By recommendations
of Narasimhan and Venkatarathnam (2010) Peng-Robinson equation of state with Li-Kessler
enthalpies are applied. Modelling is made with terms of no influence of oil on mixed refrigerant, no
heat flux to heat exchangers and expansion valves, parameters are calculated for steady working
process, no overheating of suction gas. Mass fractions of components, discharge and suction
pressures of mixed refrigerant and intermediate temperature are optimized. Objective function is
minimum compressor power duty.
Cycles with composition optimization for other ambient conditions are also optimized with
parameters mentioned in tables 1 and 2.
Table 1. Optimization constraints

Parameter
Maximum discharge temperature (K)

Value
403

Minimum approach of upper heat exchanger (K)
Minimum approach of lower heat exchanger (K)
Refrigerant vapour fraction in suction line

7
3
1
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Table 2. Parameters of model

Parameter
Compressor efficiency
Pressure drop of NG flow, %
Pressure drop of high pressure MR, %
Pressure drop of low pressure MR, %
After cooler temperature, K
Natural gas inlet temperature, K
NG flow rate, kg/h
NG inlet pressure, kPa
LNG storage pressure, kPa

Value
0.716
2.5
2
2
318/303/293/283/273
318/303/293/283/273
824
4000
600

Second step of theoretical approach is defining amount of refrigerant to bypass to refrigerant receiver
RR and amount of liquid low-pressure refrigerant to keep in separator S1. Base cycle for optimization
is optimized MR cycle for the worst conditions with temperature of inlet NG and MR after condenser
equals to 45°C. Optimization constraints and parameters of model are given in Table 1 and Table 2
respectively. Objective is minimum compressor duty. Variables are suction and discharge pressures,
flow fraction to bypass to refrigerant receiver, flow fraction through valve EV-1 and temperature of
NG after upper heat exchanger. Amount of liquid low-pressure refrigerant to separate in S1 is
calculated automatically.
Fig. 3 shows difference between compressor duties for regulation method and composition
optimization method for variety of ambient conditions. Maximum difference of compressor duties
stated at temperature 0°C of inlet NG and MR after coolers and does not exceed 4%.
Composition changing of circulating flow for composition regulation method and suggested
regulation method are presented at Figures 4 and 5 respectively. Disadvantage of mixed refrigerant
composition achieved by suggested method at low ambient temperatures is lack of propane; this
may be a problem during starting regimes.
Another outcome for suggested regulation method is tending of single mixed refrigerant cycle with
phase separator to work as SMR (single mixed refrigerant) cycle with two three-flow heat
exchangers. Flow distribution in mass percentage are shown in Table 3. Flow fraction in refrigerant
receiver RR mentioned in table 3 ignore “dead volume” (volume of refrigerant with suction pressure
left in receiver after starting regime).
Parameter

Table 3. Optimization results

Flow fraction in separator S1, mass (%)
Flow fraction in refrigerant receiver RR, mass (%)
Flow fraction through EV-1, mass (%)
Flow fraction through EV-2, mass (%)
Intermediate temperature (°C)

45

30

20

10

0

0
0*
0
100
-12

5,4
3,7*
40,3
50,6
-15

12,4
0,1*
62,5
25,0
-5

16,2
12,1*
65,5
7,2
-5

25,4
5,0*
69,3
0,3
-5
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Figure 3: Compressor duty for cycles with different control system
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Figure 4: Composition change of circulating flow with composition regulation method
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Figure 5: Composition change of circulating flow with suggested regulation method
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3. EXPERIMENTAL SETUP
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Figure 6: Experimental setup diagram

Experimental setup consists of two cycles (Fig. 6): mixed refrigerant cycle with phase separator and
imitation of production flow cycle. Setup also includes measuring instruments described in Table 4.
Mixed refrigerant cycle consists of compressor C1, MR aftercooler with variable speed driver fans,
separators S1 and S2, pump P, upper spiral-wound heat exchanger HE-1 and lower spiral-wound
heat exchanger HE-2, intermediate expansion valve EV-3 and main expansion valve EV-4.
Regulation system includes refrigerant receiver RR, expansion valve EV-6, solenoid bypass valve
SV-1 and electronic valves EV-1, EV-2. Second loop comprises compressor C2, Pr. aftercooler with
variable speed driver fans, expansion valve EV-5, liquid product storage which is a Dewar vessel,
electric heater H. Methane is replaced with Krypton for safety reasons, mass flow rate and inlet and
storage pressures are changed to be similar with methane temperatures.
Experimental procedure goes in the following way. Mixed refrigerant cycle starts operation at
conditions of temperature 45°C of MR out of MR aftercooler. Variable speed fans regulate
temperature; experiment goes in winter ambient conditions to reach 0°C temperature after
aftercoolers. As process of MR cycle reaches steady working regime (temperature of MR after EV4 reaches desired value) production flow cycle is turned on. As process stabilizes, all measuring are
checked and recorded by SCADA system.
The next step is decreasing flows’ temperatures out of aftercoolers to values of 30°C, 20°C, 10°C,
and 0°C. Pressure in refrigerant receiver RR and refrigerant level in separator S1 are calculated by
method suggested by Bychkov et al. (2019) based on the data obtained from optimization results.
Table 4. Main instruments and their measuring properties

Instruments

Parameter
Temperature
Mass flow

OWEN Pt1000
Emis
GW Instek
Elemer

Power meter
Pressure
Chromatography
Level meter

Chromos GC-1000
Sick AG

Measuring range
-196..660°C
10-2000 kg/h
0.1 W to 12 kW
0 to 40 bar
30…500 mm

Accuracy
0.25%
0.15%
0.1%
0.25%
0.2%
<2%

4. CONCLUSIONS AND DIRECTION OF EXPERIMENTAL RESEARCH
Authors suggested regulation method for single mixed refrigerant cycle with phase separator for
liquefaction of natural gas with no composition regulation by external sources. Modelling,
optimization and comparison of cycles with composition changing regulation method and with
suggested regulation method for different ambient conditions are presented. It shows maximum 4%
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divergence of specific duties in favor of composition change method for conditions of minus 10°C of
ambient temperature. Experimental setup and procedure are described, with following model
validation and corrections will be made. Suggested method of regulation on varying ambient
conditions allows decreasing capital cost of small scale liquefaction plant with low losses of
effectiveness.
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ABSTRACT
Plate-fin heat exchangers (PFHX) are widely used in floating liquefied natural gas (FLNG) facilities,
and the PFHX performance may be significantly affected by the FLNG sloshing motions. In the
present study, a model for liquified natural gas flow boiling in PFHX under sloshing conditions was
established. In the model, the numerical model to simulate the flow and heat transfer was developed,
and the sloshing acceleration model was added to reflect the sloshing effect. The proposed model
was verified experimetally, and it agrees well with the experimental data. Based on the proposed
model, the sloshing motion effects were analyzed. The heaving motion among sloshing conditions
has most obvious influence on heat transfer, showing a sloshing impact factor of 38.5%~240.9%;
the rotation type of sloshing motion has negligible effect on the heat transfer.
Keywords: Plate-Fin Heat Exchanger, Two-phase Flow, Flow Boiling, Heat Transfer

1.

INTRODUCTION

Plate-fin heat exchangers (PFHXs) are widely used in the floating liquefied natural gas (FLNG)
facilities due to the advantages of high-efficient, compact structure, low weight and reliability(Jiang
et al., 2016.). For PFHXs in FLNG facilities, they operate under sloshing conditions, and the heat
transfer characteristics of two-phase fluid in PFHXs would be affected by the additional inertia force
(Faheemullah et al., 2016.). For designing PFHXs in FLNG facilities, it is significant to reveal the flow
boiling characteristics of liquefied natural gas in FLNG plate-fin heat exchanger under sloshing
conditions.
For the fluid flow in PFHXs, the existing research focused on heat transfer characteristics of singlephase fluid (Chen, 2016.; Caoet al., 2016.; Ma et al., 2016.; Aliabadi and Hormozi, 2013.; Yang et
al., 2015) and the flow pattern transition of two-phase flow (Wang, 2016.), and there is no literature
on flow boiling characteristics of two-phase liquefied natural gas under sloshing conditions. In the
existing literatures (Chen, 2016; Cao et al., 2016.; Ma et al., 2016.; Aliabadi and Hormozi, 2013.;
Yang et al., 2015.), the effect of structure was analyzed, and flow pattern transition principle under
onshore conditions was discussed. However, for flow boiling of two-phase liquefied natural gas in
PFHXs under sloshing conditions, the flow pattern will be significantly affected, and the heat transfer
characteristics must be different from those obtained for single-phase fluid and for two-phase flow
under onshore conditions (Wang and Li, 2016.).
For the effect of of the sloshing conditions, the existing research focused on storage tank equipment
(Ushima, 1998.), and single-phase flow in circular tubes(Tan et al., 2009.; Pendyala et al., 2008.;
Yan et al., 2011.). But there is no literature on flow boiling of two-phase liquefied natural gas in PFHXs
under sloshing conditions.
The objective of this article is to develop a numerical model of flow boiling characteristics of liquified
natural gas in PFHXs under sloshing conditions, and to analyze the effect of sloshing conditions on
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the heat transfer characteristics in PFHXs.

2. NUMERICAL MODEL
The equations of continuity, momentum and energy conservation are shown in Eqs. (1)~(5). In the
equations, the mass source term representing the mass transfer (Sm ) is added into the continuity
equation to predict the mass transfer rate; the momentum source terms (ρg⃗) and (Fσ) presenting
gravity and surface tension are added into the momentum equation to describe flow patterns and
the effects of different forces; the momentum source term (ρ(a⃗r + a⃗ t )) represents the additional force
of sloshing condition; the energy source term ( 𝑄 ) presenting the latent heat transfer is added into the
energy equation; (𝛼𝑙 ) and (𝛼𝑣 ) in continuity conservation are the volume fraction of gas and liquid,
respectively. The additional force of sloshing condition (ρ(a⃗ r + a⃗ t )) is calculated based on the
movement of sloshing condition, and the sloshing acceleration (a⃗r ) and (a⃗ t ) can be derived by second
derivativing relative position and angle between fluid and channel, as shown in Eq. (6).


( l l ) +   ( l l vl ) = − Sm
t

( v v ) +   ( v v vv ) = Sm
t
 v +  l =1

Eq. (1)
Eq. (2)
Eq. (3)

 ( v )
2
+   (  vv ) = −p + [  (v + v T ) −  vI ] +  g  + F + ρ(ar + at ) Eq. (4)
t
3
(E)
+    v (  E + p )  =   ( k  ) + Q
t
Eq. (5)

at = − Amax (

2 2
2 t 
) cos(
+ )
T
T
2

Eq. (6)

The surface tension (𝐹𝜎 ) in momentum conservation is the volumetric force representing the surface
tension, and can be calculated in the CSF (Continuous Surface Force) formulation by Eq. (7):

F = 

 w Ñ w

1
( m + w )
2

Eq. (7)

The mass source term (𝑆𝑚 ) is expressed as different equations for at vapor-liquid interface or near
wall, shown as Eq. (8). At vapor-liquid interface, the mass transfer rate can be calculated based on
the difference between local temperature (𝑇𝑙 ) and saturation temperature (𝑇𝑠𝑎𝑡 ). At the heating wall,
the evaporation mass transfer rate can be derived according to the local heat flux (𝑞).

(Tl − Tsat )

（interface）
coeff  l l T

sat
Sm = 
q A

（nearwall）

h fg


Eq. (8)

3. SIMULATION DOMAIN AND SOLUTION METHODOLOGY
The simulation domain of a flow channel in PFHXs is shown in Fig. 1. The simulations are based on
the commercial software platform ANASYS FLUENT. The Volume of Fluid model combined with a
Continuous Surface Force (VOF-CSF model) is applied to represent of the vapor-liquid phase flow
with surface tension for simulating the flow patterns. The contact angle boundary condition is set on
the tube surface for the VOF-CSF model. All the models developed above are developed by
compiling user-defined functions (UDF) in FLUENT. And the standard k-ω model is employed as the
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turbulence model for high velocity when vapor quality is large.
Hexahedral structured grids are used for the simulations. The grid independence verfication shows
that, as the amount of mesh elements is larger than 102,000, the variations of the heat transfer rate
and the average temperature are less than 2%. Therefore, the mesh with 120,000 elements was
selected in the persent study.

Figure 1: Monthly electricity consumption

4. EXPERIMENTAL VALIDATION
4.1 Experimental Rig and Data Reduction
The schematic diagram of the experimental rig is shown as Fig. 2(a). The main test circuit is
composed of a compressor, a plate heat exchanger, an expansion valve, an electric heater and a
test sample. The surperheated vapor coming out from the compressor is cooled, condensed and
subcooled in the front plate heat exchanger and the rear plate heat exchanger. Then the subcooled
working fluid goes through the regulating valve to reduce the pressure and temperature, and the
two-phase fluid is heated by the front electric heater to get the needed vapor quality; then the working
fluid enters into the test section, where the heat transfer coefficient will be tested. Then the working
fluid will be heated to superheat state and go back to the compressor.
The test section is shown as Fig. 2(b), and the structure parameters are determined based on the
actual heat exchanger used in LNG plants; the fin height is 6.35 mm, and the fin width is 1.4 mm.

(a) Experimental rig

(b) Test section

Figure 2: Experimental rig and test section

The heat transfer coefficient (𝛼) is calculated as Eq. (9):

=

q
q
=
tin + tout
T (T
)
inwall −
2

Eq. (9)

Where, (𝑇𝑖𝑛𝑤𝑎𝑙𝑙 ) is the inner wall temperature; (𝑡𝑖𝑛 ) and (𝑡𝑜𝑢𝑡 ) are the inlet and outlet temperatures,
respectively; (𝑞) is the heat flux.
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To analyze the sloshing effect, the sloshing impact factor (𝐸𝐹 ) is defined as the ratio of heat transfer
coefficients between the sloshing condition (𝛼𝑠 ) and the onshore condition (𝛼0 ), as shown in Eq. (10):

EF =

s
0

Eq. (10)

4.3 Model Validation
To validate the proposed model, the experiments on the heat transfer characteristics are performed,
and the comparison of the heat transfer coefficient between the experimental data and the simulation
results under the same operating condition is shown in Fig. 3. The predicted results agree well with
the experimental data with an average deviation of 12.6%.
4000

HTC/W/m2.K

3000

2000

1000

simulation
experiment
0

0.0

0.2

0.4

0.6

0.8

1.0

Vapor Quality

Figure 3: Comparison beween predicted values of proposed model and experimental data
(G=40 kg/m2s, q=4000W/m2)

5. RESULT DISCUSSIONS
The sloshing conditions include the surging, heaving, yawing and rolling contions. In the present
stduy, the heat transfer characteristics under surging, heaving, yawing and rolling contions will be
analyzed based on the validated model to reveal the effect of sloshing motions.
5.1 Heat Transfer Characteristics under Surging Condition
Fig. 4a shows the sloshing impact factor (EF) values at different vapor qualities under surging
conditions. At vapor quality of 0.2, EF is within 87.9%~101.3%; as the vapor quality increases, the
minimum value of EF increases. At vapor quality of 0.5, EF is within 91.4%~106.6%; at vapor quality
of 0.8, EF is within 96.7%~110.0%. The results show that, as the vapor quality increases, the
deterioration effect of surging movement becomes smaller, while the enhancement effect becomes
larger.
Fig. 4b shows the sloshing impact factor (EF) values under different surging frequency conditions.
EF is within 89%~104.3% under surging frequency of 0.0833~0.1667. As the frequency increases,
EF becomes much smaller at 0.1~0.4 surging period. The possible reason is that, at low frequency
condition, the liquid will form film on the channel wall due to the inertia force, which resulting in the
heat transfer enhancement; as the frequency increases, there is no enough time for the liquid forming
film to cover the wall, and the liquid droplets lead to worse heat transfer characteristics compared
with the liquid film.
Fig. 4c shows the sloshing impact factor (EF) values under different surging amplitude conditions.
EF varies from 85.9% to 105.5% at surging amplitude of 1~4 m. As the amplitude increases, EF
increases. The possible reason is that, at larger surging amplitude, the disturbance of fluid is
enhanced, and the vapor-liquid slip velocity at non flowing direction is higher; there is less time for
liquid formimg droplets, and the phase distribution at the middle of the channel is uniformly
distributed, leading to the increment of heat transfer coefficient.
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Figure 4: EF under surging conditions (G = 40 kg∙m-2 s-1, heat flux = 4000 W∙m-2)

In order to analyze the effect mechanism of sloshing condition, the comparison of flow patterns
between onshore condition and surging condition during an entire surging period (T) was performed,
as shown in Fig. 5. The operation vapor quality in the figure is 0.5. Under onshore condition, the flow
pattern is mist-annular flow, and there is liquid film near the wall and droplet at the middle of the
channel. Under surging condition, the liquid phase moves to left side due to the channel movement,
and the liquid film thickness of the left side reaches a maximum at the time of 0.25T; at 0.25T~0.5T,
the liquid film thickness of the left side decreases, while thie liquid film thichness of the right side
increases; as the time goes on, the liquid phase starts to move to the reverse side of the channel,
and the liquid film thickness at the right side reaches to a maximum at 0.75T; when it comes to the
end of a period, the liquid film covers both sides of the wall again.

Figure 5: Flow pattern under surging condition (G = 40 kg∙m-2 s-1, q = 4000 W∙m-2, As = 2 m, fs =
0.1667)

5.2 Heat Transfer Characteristics under Heaving Condition
Fig. 6a shows the sloshing impact factor (EF) at different vapor quality under heaving conditions. EF
is within 55.9%~280.0% at vapor quality of 0.2. As the vapor quality increases, the maximum value
of EF becomes smaller, and the effect of heaving condition on the heat transfer becomes smaller. At
vapor quality 0.5, EF is within 52.0%~248.1%. At vapor quality of 0.8, EF is within 48.8%~228.1%.
The maximum value of EF appears at the time of 0.25 heaving period. The possible reason for the
effect of heaving conditions is that, the heaving direction is parallel to the flow direction, and the
relative velocity between fluid and channel wall is sped up at, resulting in a significant heat transfer
enhancement at the time of 0.25 heaving period.
Figs. 6b and 6c show the sloshing impact factor (EF) under different surging frequency and amplitude
conditions. EF is within 38.5%~240.9% at surging frequency of 0.0833~0.1667, and it increases with
the increasing surging frequency. As the surging amplitude increases from 1 m to 4 m, EF increases
significantly, and the maximum value of EF increases from 138.0% to 344.6%. The results show that,
the surging amplitude has a significant effect on the heat transfer characteristics.
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Figure 6: EF under different heaving conditions (G = 40 kg∙m-2 s-1, q = 4000 W∙m-2)

5.3 Heat Transfer Characteristics under Yawing and Rolling Conditions
Fig. 7 shows the sloshing impact factor (EF) under yawing and rolling conditions. No obvious
influence of yawing and rolling conditions on the heat transfer was found at the whole sloshing period.
EF is within 99.7%~100.3% under yawing and rolling conditions. The results can be deduced that,
the rotation type of sloshing movent has negligible effect on the heat transfer.
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Figure 7: EF under yawing and rolling conditions (G = 40 kg∙m-2 s-1 , q = 4000 W∙m-2 )

6. CONCLUSIONS
1) The numerical model of flow and heat transfer of fluid in channel of PFHXs under sloshing
conditions was developed by introducing the mass transfer model, the contact angle model and
additional force model into the control equations. The proposed model was validated by
experimental data obtained in the present study. The predicted results agree well with the
experimental data within an averaged deviation of 12.6%.
2) Based on the validated model, the influence of sloshing conditions (surging, heaving, yawing and
rolling contions) on heat transfer characteristics was analyzed.
3) The comparion of flow pattern between the surging contions and onshore conditions was
performed. Under onshore conditions, the flow pattern is mist-annular flow, and there is liquid
film near the wall and droplet at the middle of the channel. Under surging conditions, the liquid
phase moves to one side of the channel due to the channel movement, and the liquid film
thickness of the one side reaches a maximum at the time of 0.25 and 0.75 surging period.
4) Among the sloshing conditions, the heaving condition shows the most significant effect on the
heat transfer characteristics. The sloshing impact factors (EF) under heaving conditions are
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within 38.5%~280.0%. The rotation type of sloshing movement has negligible effect on the heat
transfer characteristics.

NOMENCLATURE
𝛼𝑙
𝛼𝑣
𝜌
g⃗
𝐹𝜎
𝑄
𝑎𝑟
𝑎𝑡
𝑆𝑚

volume fraction of gas (-)
volume fraction of liquid (-)
density (kg.m -3)
gravity (m.s-2)
surface tension (N)
energy source term (J)
rotation acceleration(m.s-2)
transition acceleration (m.s-2)
mass transfer source term (kg)

𝑇𝑙
𝑇𝑠𝑎𝑡
𝑞
𝑐𝑜𝑒𝑓𝑓
ℎ𝑓𝑔
𝛼
𝑇𝑖𝑛𝑤𝑎𝑙𝑙
𝑡𝑖𝑛
𝑡𝑜𝑢𝑡

local temperature (K)
saturation temperature (K)
heat flux(W.m -2)
mass transfer coefficient
latent heat(J.kg-1)
heat transfer coefficient (W.m -2.K)
inner wall temperature (K)
inlet temperatures (K)
outlet temperatures (K)
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ABSTRACT
Liquefied Natural Gas (LNG) is always more and more used as alternative fuel for heavy-duty
vehicles because it is more environmentally friendly than traditional fossil fuels. LNG is stored in
cryogenic vessels within the truck and must be vaporized before it can be used to supply the engine.
Objective of this paper is to evaluate the thermodynamic performance of an innovative system aiming
at recovering the cold thermal energy from the LNG vaporization. In general, the cold energy
obtained can be used for different applications on-board: vehicle air-conditioning, refrigeration
purposes or cooling of engine intake air. With respect to the latter, a thermodynamic analysis of the
system proposed is illustrated under different operating conditions and the impact on the overall
performance of the LNG fuelled engine of the truck is discussed.
Key Words: LNG, Trucks, Cold Recovery, Engine Intake Air Cooling, Engine Performance,
Simulation Analysis.

1. INTRODUCTION
In 2016 the greenhouse gas emissions of the transport sector (including aviation and shipping)
accounted for about 27% of the total greenhouse gas emissions in EU-28 countries. Moreover, such
emissions (excluding international shipping) were 26% higher than 1990 levels. With reference to
the same year, the road transport was responsible for almost 72% of the total greenhouse gas
emissions of the sector including international aviation and shipping. According to the European
Environment Agency (2018), 44% of these emissions were related to passenger cars and about 19%
to heavy-duty vehicles.
In the EU Transport White Paper (2011), a greenhouse gas emission reduction target of 60%
compared to 1990 levels has been fixed and, as a consequence, actions need to be implemented.
Among the EU policies in the attempt to achieve this goal, the promotion of alternative fuels could
have a significant impact especially in the short-medium term. Natural gas (NG) in its liquid form
(LNG) is considered the alternative fuel for heavy-duty vehicles that can best substitute conventional
fuels, given its availability at competitive prices, high energy density and availability of technology.
Indeed, LNG entails: (i) environmental benefit in terms of lower local air pollution and greenhouse
gas emissions; (ii) reduced on-board weight and space requirements comparable with diesel fuel;
(iii) reduction of dependency on imported oil. LNG has an energy density of 435 kg∙m -3, more than
double the energy density of the compressed natural gas (CNG) at 200 bar (175 kg∙m -3). This means
that an LNG fuelled vehicle can travel up to 2.4 times the distance of the CNG counterpart for a given
capacity fuel tank. Alternatively, for a given vehicle range, an LNG fuelled vehicle needs a fuel tank
capacity up to 2.4 times smaller than a CNG vehicle. Moreover, an LNG powered vehicle costs less
than a CNG powered vehicle for manufacturing. With respect to the environmental impact, Arteconi
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et al. (2010) carried out a comparison of the well-to-wheel life cycle greenhouse gas emissions for
CNG, LNG and diesel fuel, finding that LNG allows to reduce by 10% the emissions compared to
diesel. Moreover, the increasing use of LNG and the development of a proper infrastructure would
make possible the deployment of NG resources from various offshore and onshore sites.
Furthermore, it can be produced by utilizing low grade coal, recovering coal bed methane or using
biogas as methane source to obtain renewable liquefied biogas (LBG).
In general, LNG can be supplied to refuelling stations in two different ways: (i) by purchasing it at the
regasification terminal or (ii) by liquefying it on site. Because of the lower LNG terminal purchasing
prices the first option is economically advantageous up to terminal distances <2000 km. As a
consequence, the distribution phase is of paramount importance for the success of this commodity
in the transport sector, but it is still difficult to be fulfilled in many countries, as addressed by Arteconi
and Polonara (2013). Thanks also to the EU policy and funded projects (such as the LNG Blue
Corridor project), the spread of LNG as vehicle fuel is increased. According to the Natural & bio Gas
Vehicle Association (2019), in Italy for example there are 31 L-CNG refuelling stations at present.
LNG is attractive especially for heavy-duty vehicles and big companies of the automotive sector are
developing and commercializing their own trucks. Once at the refuelling stations, the LNG is filled
into the vehicles and stored on-board in cryogenic tanks, then finally burnt in LNG-adapted engines.
In general, because of its low temperature, LNG has a high exergetic content that could be exploited
for different purposes. He et al. (2019) summarized all the possible applications of LNG cold
recovery, which are mainly power generation, air separation, air conditioning and desalination.
Furthermore some researchers focused their attention specifically on the cold energy utilization of
LNG on-board. For example, Yan et al. (2016) modified a diesel-fuelled urban bus into an LNG bus
and designed the cold energy recovery system. The cold energy of the LNG during its regasification
was used for air-conditioning purposes on-board and stored in case of excess. In particular, the
authors tested the performance of the LNG bus and compared it with the performance of the vehicle
before its modification, finding a significant economic profitability but a reduced engine performance,
especially at heavy load conditions. Tan et al. (2010), instead, focused their attention on the heat
exchanger to recover the cold energy of the LNG using liquid/solid phase change of water. An
experimental investigation was carried out and the authors founded that the internally finned tubes
can effectively improve the gas-side heat transfer and the solidification performance of the water
outside the tubes. Therefore, this work provided useful insights and reference for the design and
optimization of cold energy storage units of LNG refrigerated vehicles.
However, to the best of the authors’ knowledge, none of the works reported in literature focused on
the on-board cold energy recovery of LNG fuelled trucks to improve the engine performance of the
vehicle by cooling the intake air. Indeed the relevant role of the intake air in LNG trucks was already
highlighted by Tang et al. (2016). In this work an innovative patent pending (UIBM, 2018) cold energy
recovery system from LNG on-board fuel tank of heavy-duty vehicles is presented. After the
introduction, Section 2 reports a description of the innovative system under investigation, Section 3
describes the main results and potential of the system. Eventually, Section 4 summarizes the
conclusions of the performed analysis.

2. THE COLD ENERGY RECOVERY SYSTEM
2.1

System Description

In a heavy-duty vehicle the fuel consumption mainly depends on the cargo and the engine speed.
As a consequence, the cold energy potentially recoverable from the vaporization of the LNG onboard could significantly change during the running of the vehicle. Hence, as already addressed by
Yan et al. (2016), the available cold energy of the LNG could differ from the cold energy demand,
thus a storage system may be needed to recover the whole energy and maximize the efficiency of
the system. In particular, the cold energy of the LNG may be used for several purposes on-board: (i)
air conditioning of the cabin; (ii) refrigeration of goods; and (iii) cooling of the engine intake air (by
means of a post-cooler) to reduce the fuel consumption and emissions and increase the engine
power. With reference to the latter option, some of the authors of this paper patented a novel system
to efficiently recover, store and use the cold energy from the LNG fuel vaporization to improve the
performance of the heavy-duty engine. Considering a commercial heavy-duty vehicle, at nominal
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operating conditions the cold energy from the LNG regasification is higher than the cooling energy
requested by the post-cooler. Hence, a storage system allows storing the excess energy to be used
for other purposes, decoupling the cooling availability from the cooling demand.
Therefore, the proposed innovative system consists of a cryogenic heat exchanger that allows
recovering the cold energy of the LNG fuel supplied to the engine. An Ethylene Glycol Water based
solution (EGW) is employed as heat medium to recover the cold energy: a warm tank is used to
collect the solution at ambient temperature, while a cold tank stores the surplus cold energy
recovered. Such cold energy is partly used in the post cooler (PC) to cool the intake air down to the
limit of 0°C, thus avoiding any ice formation due to the water vapour. After heat exchanging with the
air, the EGW solution is sent back to the warm tank, where it is mixed with the rest of the returning
EGW solution engaged for other cooling purposes. Then, the closed cycle starts again.
Fig. 1 reports a scheme of the LNG smart truck system as patented.

Figure 1: The LNG smart truck system

Therefore, the proposed system allows decoupling the recovery of cold energy and its use on-board.
With respect to the size of the warm and cold tanks it depends on several factors: engine truck power
and Specific Fuel Consumption (SFC), cooling demands and constraints on board. This aspect is
discussed with more detail in Section 3.
2.2

The Simulation Model

The thermodynamic analysis of the cold energy recovery system from LNG on-board fuel tank is
performed. The analysis is carried out in steady state conditions and it is aimed at quantifying the
cold energy available and at identifying the best potential applications within the heavy-duty vehicle
operation. A simulation model is set up for the system under analysis by means of EES (2013). It
was assumed that the natural gas stream is composed of 100% methane, stored in the on board
tank as saturated LNG at about -126°C (corresponding to a saturation pressure of 0.921 MPa)
(Roche, 2009). The EGW solution is composed of 20% content of glycol (mass basis). The PengRobinson equation of state is used in the simulation (Peng and Robinson, 1976). The cold tank for
the EGW solution is sized in order to store about 10 kWhth and it has a volume of 250 litres.
The Iveco Cursor 8 is considered in this study and its performance chart, on which the engine
simulation model is calibrated, is obtained from manufacturer data (Iveco, 2018), as reported in Table
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1. In the calculations, the configuration with the minimum SFC value is assumed as the optimized
efficiency reference condition. In the latter case the fuel flow rate is equal to 0.0144 kg s -1 and the
intake air flow rate is 0.2419 kg∙s-1. Heat losses and pressure drops are neglected, as first
approximation, in the analysis. Once the code is calibrated on the basis of the manufacturer’s data
(essentially the behaviour of mechanical efficiency, m,versus rpm), the performance curves of SFC
versus power output with the added post-cooler recovering the cold energy from the LNG gasifier
are assessed.
Table 1. Iveco Cursor 8 performance

Power
(kW)

rpm

SFC
(kg∙kWh-1)

m

110
160
192
220
243
243

1000
1200
1400
1600
1800
2000

0.261
0.215
0.209
0.209
0.213
0.2363

0.633
0.768
0.790
0.792
0.777
0.700

3. RESULTS AND DISCUSSION
3.1.

Thermodynamic Analysis

The simulation highlights that the recoverable cold energy rate from the regasification of the LNG in
the on-board tank to supply the engine at 15°C is about 10.7 kW. On the other hand, the energy rate
necessary to cool down the air intake from 35°C to 0°C in the post-cooler is about 8.8 kW. The
thermodynamic properties of the most relevant points in the schematic of Fig. 1 are reported in Table
2.
Table 2. Thermodynamic properties of the main streams in the system schematics in Fig.1.

Stream

Material

1
16
12
13
14
15

Air
Air
LNG
LNG
EWG
EWG

Flow rate
(kg∙s-1)
0.2419
0.2419
0.0144
0.0144
0.0776
0.0776

Temperature
(°C)
0
35
-126
15
-10
25

Pressure
(MPa)
0.182
0.182
0.912
0.912
0.101
0.101

Vapour
fraction
1
1
0
1
0
0

Before entering the post cooler, the compressed intake air is pre-cooled by means of external air at
ambient conditions. The inlet air temperature in the post-intercooler (PC) depends on the
performance of such intercooler (IC1, see Fig. 1): as much as this temperature is low, as lower the
used cold energy is. If the intake air temperature is higher than 42°C, the cold energy recovered by
the LNG is no longer sufficient to cool the air down to 0°C, as shown in Fig. 2.
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Figure 2: Cold energy used in the post cooler by varying the intake air temperature

Hence, thanks to this innovative cold energy recovery system, the heavy-duty vehicle benefits of:
• an increase of the engine maximum horsepower;
• a reduction of the specific fuel consumption of the engine;
• an improvement of the environmental performance in terms of lower NOx emissions, because
of lower combustion temperatures.
This is shown in Figs. 3a and 3b, where the engine SFC and power output respectively with and
without post-cooler are represented. A maximum 35 kW power boosting can be achieved thanks to
the recovery of the LNG cold energy to cool the intake air.

(a)

(b)

Figure 3: SFC (a) and Power (b) of the considered engine only with the intercooler (red line) or also
with the postcooler (blu line) for an intake air temperature of 0°C

3.2.

Cold Energy Recovery Utilization and Future Developments

The excess of the cold energy not used to cool down the intake air temperature (see Fig. 2) can be
recovered for other purposes, as for example:
• air conditioning of the heavy-duty vehicle in summer;
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additional cooling for refrigerated trucks;
• load reduction for the intercooler IC1.
All these applications depend on the external environmental conditions and on the dynamic
behaviour of the truck during the real road trip. In case the excess cold energy can not be completely
used, a back-up procedure should be considered in order to avoid too low temperatures in the cold
storage tank.
In particular, the design of the heat exchangers to recover the cold energy must be carefully
considered. Especially the Cryo-Recovery Heat Exchanger (Cryo-RHE, C in Fig. 1) needs to be
designed taking into account the high temperature difference occurring between the LNG and the
EGW heat carrier: the LNG undergoes a very high temperature variation (about 120 °C), whereas
the EGW temperature drops of only about 35 °C. For this reason, in order to avoid having too different
heat capacities and temperature levels, an intermediate fluid between the evaporating LNG and the
EGW could be required.
All these aspects will be object of further future analyses where also the dynamic behaviour of the
system will be considered, in order to represent the real transient performance while the LNG level
inside the tank decreases and the truck runs in variable traffic and route conditions.
•

4. CONCLUSIONS
In this paper, an innovative system to recover cold energy from LNG vaporization on-board during
fuel supply of heavy-duty trucks is presented. The system allows cold recovery from the LNG
regasification to cool the intake air entering the engine. By means of a thermodynamic simulation of
the system (i.e. engine and cold energy recovery system), the cold energy available is quantified
and the possibility of cooling the intake air down to 0°C is evaluated by varying the inlet air
temperature. The positive effect on a specific LNG engine is shown. The system offers a very
attractive power boosting potential in the range of 10 – 15%, as well as a reduction in specific fuel
consumption. The possible different applications of the excess recovered cold energy is also briefly
discussed. Further dynamic analyses are necessary in order to better assess the vehicle
performance on the road, under different traffic, load and seasonal conditions.
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ABSTRACT
The ILK Dresden is generally concerned with broadening and increasing the technical and economic
efficiency of renewable energy plants as an essential part of the phasing out of nuclear energy and
fossil fuels in Germany and Europe. Within the framework of two publicly funded projects, an energy
recovery system based on a Cryogenic Rankine Unit and an energy storage system based on Liquid
Air Energy Storage (LAES) were developed. Energy recovery is a decisive factor in increasing the
efficiency of an energy storage system based on liquid air.
This energy storage is predicated on the principle of liquefied air, in which the existing processes for
the liquefaction and regasification have to be adapted to the requirements of the electricity storage
to achieve significant efficiency gains and to utilize synergies in the process chain.
The main components of this process are various cold storages, heat storages and flexible electrical
energy storage. A cryogenic Rankine plant can also be integrated when the plant specifics are evaluated. The performance and size of the sub-components must be coordinated with the dynamic
control processes representing the most important part for increasing efficiency.
Keywords: Energy Storage, Energy Recovery, Efficiency, Liquefier, Cold Storage, Cryogenic Rankine Unit, Liquid Air, Dynamic Control Process.

1. INTRODUCTION
Today, renewable energies already account for a large percentage of the energy mix and their percentage will continue to rise worldwide in the future. Due to the largely decoupled generation and
demand of renewable forms of energy, there is a large market for energy storage systems. The aim
is not only to buffer peak power but also to realize the base load capacity with renewable energies.
The current developments in this application range from hydroelectric power plants to power-to-gas
or liquids to batteries and capacitors. All these technologies have their own problems and limitations.
We assume that an adapted air liquefaction and regasification process with various loss reduction
measures will lead to an electrical energy system that is technically so efficient and cost-effective
that it will attract attention compared to alternative storage technologies.
The systems developed within the two publicly funded projects describe a Cryogenic Rankine Unit
as energy recovery from the regasification line and a cold storage between the regasification line
and the liquefaction line as internal energy storage within a Liquid Air Energy Storage. The developed
systems had the primary goal of increasing the efficiency of the Liquid Air Energy Storage. In the
following, the main results of the internal cold storage development and the Cryogenic Rankine Unit
in a liquid air energy storage system are described with the basic considerations. Furthermore, the
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most interesting results of the cold storage simulations carried and their use in the dynamic process
simulation of a LAES are presented.

2. MAIN SECTION
2.1.

Liquid Air Energy Storage (LAES)

The liquid air energy storage is described by the main components like air compressor with liquefier,
liquid air storage and regasification with subsequent conversion into electricity. The loading, storage
and discharge process steps are also carried out in this order. The basic process analysis of the
described process steps of the LAES was carried out under static consideration. Within the framework of these basic thermodynamic calculations of the LAES, it was shown that only a significant
increase in efficiency can be achieved by interconnecting several components within the LAES.
These calculations have shown that the use of the cooling energy generated during regasification
for pre-cooling in liquefaction results in the significant efficiency gain. The use of this cold is already
state of the art (e.g. company “Highview Power”), but the efficiency of its use can be significantly
increased.
A more efficient use of this cold is reached by the division of the usable temperature range under
consideration of the storage materials usable meaningfully for these temperature ranges and under
consideration of the operating modes “loading”, “holding time” and “discharge”. As a result, a meaningful division into three sections (KS 1, KS 2 and KS 3) could be presented. The developed process
principle of a liquid air energy storage with three cold storage units is shown in Figure 1.

Figure 1: Scheme of the Liquid Air Energy Storage process with three cold storage units

The calculations have shown that the use of three cold storages allows an efficient use of the cold
from the regasification process in the liquefaction process of the LAES over the entire temperature
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range of the LAES. For a LAES with these three cold storage units and an additional heat storage,
an efficiency of more than 55 % is possible.
If for some reason (e.g. location-dependent) the LAES design does not allow direct use of the cold
generated by the regasification in the liquefaction, the cold can be used via an additional Rankine
process. The Rankine circuit is integrated into the regasification line via a heat exchanger. The process chart is shown in Figure 2.

Figure 2: Scheme of the Liquid Air Energy Storage process with the Cryogenic Rankine Unit

For the efficient use of the available temperature level during regasification, the thermodynamic calculations have shown that a three-stage parallel connection of Rankine circuits represents the optimum. An overall LAES efficiency of 50 % can be achieved with this three-stage Rankine process
utilization in regasification with additional heat recovery arranged in front of the expansion turbine.
The ILK Dresden holds an EU patent (EP000002634383) for this cryogenic Rankine circle development within the regasification at a LAES.
2.2.

Cold storage system

The ILK Dresden cooperated within the project content “Cold storage design and performance for
use in a LAES” with the company “RST Rostock System-Technik GmbH”, the company “Ariane
Group” and the University of Bremen.
In order to determine the optimum cold storage type, a comprehensive candidate evaluation was
carried out for cold storage 1 (KS 1) and 2 (KS 2) in the categories technology, costs, risk and marketing. The cold storage type, which gave the maximum value in the sum of the criteria depending
on a criteria weighting resulted in the ideal cold storage. These storage types are mixed systems of
latent and sensitive storage materials adapted to the respective operating temperatures.
In the further work the focus of the analysis was set on the cold storage 2. It should operate in the
temperature range of 140 °C and 60 °C and uses ethanol as a PCM, filled in capsules, and gravel
to store the cold energy. This storage was analyzed and compared to a same sized gravel-only cold
store. For both cold storage configurations, an operating scenario was simulated with ANSYS Fluent,
which consisted of storage, holding time and discharge. During the simulations, temperatures and
heat flows were recorded into and out of the system. These data were used to evaluate configuration 1 (ethanol capsules and gravel) and configuration 2 (gravel). Figure 3 shows the temperature
fields of the two cold storage configurations 1 (left) and 2 (right), at the end of each simulation.
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Figure 3: Temperature stratification of the fluid
left: configuration 1 - ethanol capsules and gravel; right: configuration 2: gravel-only.
Simulation in ANSYS Fluent. Steady state condition. End of loading

The analysis presented by Bohne (2018) shows that with 18.2 % of ethanol capsules and 81.8 %
gravel, the cold storage unit has an efficiency 2.1 % higher than the gravel-only cold storage unit. In
a further 95,2 % of the discharge time, it is able to provide an air temperature below 100 °C compared to the gravel-only cold store, which only meets this requirement for 73,9 % of this time.
In a scaled cold store, functional tests were also carried out on two cold store configurations with
regard to unloading. The two configurations differ in the content of the storage medium between
75 % gravel / 25 % ethanol capsules and 100 % gravel. The experimental rig consists of the main
components: cold storage, fan, dehumidifier, measurement sensors and liquid nitrogen cooling. The
temperatures in the cold store were measured during the tests. Figure 4 shows the experimental rig
set up for this task with its assemblies inside the test hall. The dehumidifier was installed in front of
the test hall and connected to the test field in the hall via a pipe.
The two function tests start with the cooling of the cold storage, the loading, via liquid nitrogen injection into the air stream. Depending on the uniformity of the liquid nitrogen injection into the air flow
of the loading section and above the gravel fill into the cold store, the loading took approximately
eight hours.
Immediately after loading, the cold storage is discharged with practically dry air provided by the
dehumidifier. For this purpose, the dehumidifier was first operated in bypass mode at the end of the
loading process in order to reach the necessary dew point of the air of 30 °C. This procedure took
approximately one hour at the time of the test due to the summer outdoor conditions (+30 °C air
temperature). The air conditioned in this way had a temperature of +40 °C at the inlet of the cold
storage during discharge. The discharge of the cold storage under these conditions took about one
hour.
The procedure was carried out in the same way for both cold storage configurations.
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Figure 4: Picture of the test rig: 1 – Cold storage, 2 – pipe system, 3 – measurement station,
4 – first liquid nitrogen supply, 5 – second liquid nitrogen supply, 6 – fan

The measurement data show good accordance for both configurations compared to the simulated
assumptions. Small deviations may have been caused by errors in the assumptions or in the test
conditions. Further tests under optimized test conditions are still necessary to make a clear statement about the accuracy of the test setup compared to the simulation model.
2.4.

Dynamic simulation LAES with cold storage

For the quantitative evaluation of the LAES efficiency, a consideration of the dynamic system behavior was necessary, which links the process simulation with its energy and mass flow balances
with the thermal and fluidic simulation model of the developed cold storage model. Depending on
the duration and operating parameters of the individual process steps liquefaction and regasification,
there are different temperature and storage profiles in the cold store, which influence the efficiency
of the next process step liquefaction and regasification. The two main processes of LAES liquefaction and regasification take place at different times. The cold storage stores heat regenerative into
the regasification process or out of the liquefaction process by using of secondary circuits. The process diagram used for the simulation is shown in Figure 5.The liquefaction process conforms to the
classic LINDE process with pre-cooling.
The air enters the compressor (1), is compressed (2) and cooled back to ambient temperature (3).
A part of the gas (4) is then precooled via the “Exhaust gas heat exchanger 1” and the remaining
gas flow (5) is precooled in the “Heat exchanger discharge” by the secondary circuit. The combined
gas flow (7) is further cooled (8) in “Exhaust gas heat exchanger 2” and then throttled (9) to the lowpressure level. The resulting liquid component is separated and fed into the liquid nitrogen tank (10),
while the cold gas component is fed into the “Exhaust gas heat exchangers 1 and 2” as a warm gas
to the air sucked in (1).
The liquid air required for regasification is removed from the liquid air tank (14) and pumped by the
cryogenic pump to the high-pressure level. The liquid is heated via the “Heat exchanger charging”
and, as a supercritical fluid (16), is further adjusted to the ambient temperature level in the “Recooler”
and finally expanded in a turbine to perform the work.
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Figure 5: Scheme of the LAES simulation with LINDE liquefaction process and cold storage unit

The software CHEMCAD was used for the representation of the stationary and dynamic simulation
of the liquefaction and regasification process. The modelling, discretization of the cold storage in
partial sections and transient analysis was carried out with the software ThermXL.
The mode of operation of the sub-processes is designed in such a way that a fixed quantity of air is
liquefied during one cycle and is regasified again in the subsequent sub-process. The initial state of
the cold storage is the ambient temperature. The simulation begins with the regasification sub-process.
Starting from the warm state of the LAES, seven process steps "liquefaction", "storage" and "regasification" are necessary to put the system into a steady state where a liquefaction work value of
1800 kJ/kg can be achieved. For comparison, the simple LINDE process without the use of external
cooling requires under these conditions 9200 kJ/kg liquefaction work. This means that the necessary
liquefaction work with use of cold from the regasification process is five times smaller than without
this use.
With this dynamic process analysis, a quasi-stationary operating state could be achieved through
comparable simulation sequences and operating boundary conditions. On this basis, different liquefaction processes and cold storage models can be compared and optimized.

3. CONCLUSIONS
In order to increase the efficiency of a liquid air energy storage system, an innovative concept - the
internal cold storage from regasification for pre-cooling the air in the liquefier - was developed.
For the internal cold storage concept, three cold stores were defined for the entire temperature range
available by regasification. Using the example of cold storage 2 the thermodynamic properties were
investigated and evaluated. The special feature of this concept is its storage medium, which consists
of a latent and a sensitive material in the form of ethanol capsules and gravel. An optimum ratio of
the ethanol and gravel content was determined with regard to economic and performance-specific
requirements. Both gravel and the ethanol capsules are available separately in piles. The cold store
was evaluated by comparing it with a cold store that was identical in design but whose storage medium consisted only of gravel. For both cold storage configurations, an operating scenario was simulated, which consisted of loading, holding time and unloading. The results show that the cold storage concept with the ethanol and gravel can achieve a better efficiency in comparison with the
gravel-only cold storage. A further advantage resulting from the results is that the cold storage with
gravel and ethanol capsules provides an air flow with a temperature below 100 °C over a longer
period than the gravel cold storage. This allows the cold store with ethanol capsules to be used more
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efficiently in the LAES plant over a longer period of time. In addition to the simulation, practical functional tests were carried out. The temperature curves within a cold storage are measured during the
discharge of two configurations. A repetition of the tests under improved test conditions would make
a clear statement possible regarding the accuracy of the test setup in comparison with the simulation
model.
To evaluate the dynamic behavior of the cold storage integration into the liquefier process, simulations were performed for the cold run procedure of the LAES up to the steady-state. A proof of the
clear reduction of the liquefaction work by integration of the cold from the regasification could be led
in such a way. The comparison between different liquefaction processes and different cold-storage
systems with changing control parameters can thus follow.
In addition, the ILK Dresden developed a cryogenic Rankine process for the direct use of the cooling
energy generated during regasification. The Rankine circuit is integrated into the regasification line
via a heat exchanger. For the efficient use of the available temperature level during regasification,
the thermodynamic calculations have shown that a three-stage parallel connection of Rankine circuits is the optimum. The ILK Dresden holds an EU patent (EP000002634383) for this cryogenic
Rankine circuit development within the regasification of a LAES.
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ABSTRACT
In the Liquefied Natural Gas (LNG) transportation and storage, pump is required to transport the
processed fluid. In order to meet the requirements of hydraulic head, tightness and purity, a high
speed full-cryogenic centrifugal pump using LNG as self-lubricant is under development.
To reach the high pump head, the centrifugal LNG pump must be working at high rotational speed.
In self-lubricated bearing, sub-ambient pressure will be generated due to the hydrodynamic effect.
Hence, cavitation is most likely to occur in micro bearing clearance lubricated with near-saturated
LNG.
In order to mitigate cavitation in micro bearing clearance, thermodynamic effect in cavitation-flow is
focused on. Numerical analysis of LNG lubricated herringbone bearings is carried out and the
bearing characteristics are analysed.
Furthermore, liquid nitrogen(LN2) test is performed for similarity experiment to verify the simulation
and the feasibility of structural optimization.
Keywords: LNG, Pump, Centrifugation, Cavitation, Bearing, Clearance.

1. INTRODUCTION
Cryogenic technology is one of the most effective measures in natural gas transportation and storage.
In large scale industrial production of LNG, it is usually stored in vessels with low temperature and
atmospheric pressure. The LNG pump plays a vital role in the LNG delivery. Due to its cryogenic
characteristics and flammability, higher requirements is imposed on the pump concerning tightness,
purity, electrical safety and anti-cavitation. Thus, high speed full-cryogenic centrifugal pump is
expected for reliable operation at low temperatures. Because of the high speed operation of the LNG
centrifugal pump, silicon carbide and graphite sliding bearings cannot achieve long-term reliable
operation owing to abrasion and heat accumulation. Therefore, non-contact hydrodynamic
lubrication technology using process fluid as a lubricant becomes an ideal choice. In application of
the centrifugal pump, the LNG is in a near-saturated state, and the net positive suction head (NPSH)
is relatively low, which might cause the cavitation in micro bearing clearance and breakdown of the
transportation system.
Different from boiling, cavitation is the phenomenon that the liquid phase changes to vapor due to
the local pressure is lower than the cavitation pressure. In the cavitation process, the growth and
equilibrium characteristics of bubbles are closely related to the heat-mass transfer process at the
phase interface. In addition, it is also affected by physical properties such as fluid viscosity, surface
tension, inertia and thermal diffusivity (Saboni et al., 2016). For cryogens such as LN2 and LNG, the
cavitation is mainly the vaporous type that caused by the depressurization of liquid molecules (Ito et
al., 2005). The cavitation of cryogen, that is sensitive to temperature changes, is accompanied by
rapid absorption and release of heat. Due to the thermal properties difference, the inception and
development of cavitation are phenomenally different between cryogenic process fluids and normal
temperature process fluids (Sławomir and Czesław, 2012). On the other hand, cavitation erodes the
surface, as well as affecting the flow and pressure field distribution (Tianwei et al., 2014). The noise
and vibration caused by the cavitation in the bearing would reduce the operating efficiency of the
pump (Kumar and Saini, 2010).
In this article, thermodynamic characteristics in hydrodynamic lubrication is focused on. Numerical
analysis of the herringbone grooved journal bearing is carried out. A self-lubricated high speed fullcryogenic centrifugal pump using near saturated liquid was developed. Similarity experiment of the
prototype pump was performed in LN2.
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2. CAVITATION THEORY AND MODELING CONSIDERING THERMODYNAMIC
EFFECTS
2.1.

Effect of Thermodynamic Properties

LNG is a mixture of various chemicals. In this study, for simplification, LNG is assumed to be
composed of methane, ethane and propane with molar percentage of 95%, 3% and 2%, respectively.
Table 1 lists the relevant physical properties of LNG, LN2 and water. Sensitivity of the cavitation
pressure to temperature of LN2 and LNG is 16 kPa∙K-1 (80 K) and 8 kPa∙K-1 (112 K), respectively.
The water is only 0.19 kPa∙K-1 (298K). For cryogenic fluids and water, the fundamental difference in
cavitation is in the thermal properties. Analysis of the dP/dT of LN2, LNG and water under normal
working conditions is shown in the Fig. 1. Compared with water, the saturation pressure to
temperature for the cryogens are larger, which indicates that the cryogenic process fluids’ cavitation
is more temperature sensitive.
Table 1. Comparison of the physical properties of LNG, LN2 and water

Substance

Liquid
phase 𝐶𝑝
(J∙kg-1∙K-1)

Liquid
phase
density
(kg∙(m3)-1)

Liquid
/vapor
density
ratio

LNG（112 K）
LN2（80 K）
Water（298 K）

3089
2055
4200

452
794
997

251
132
43272

Liquid
phase
therm.
cond.
(W∙mK-1)
188
139
687

Sensitivity of
the
Latent heat
cavitation
(kJ∙kg-1)
pressure
(kPa∙K-1)
8.00
496
195
16.00
2257
0.19

Figure 1: The sensitivity of the cavitation pressure

Based on the theoretical analysis of B factor (Stahl and Stepanoff, 1956)., the parameters for
measuring the cavitation pressure drop expressed by the height of the liquid column ∆𝐻𝑣 can be
obtained by combining the first law of thermodynamics and the equation of state for ideal gas.
𝐵(𝜌 𝐿)2

∆𝐻𝑣 = 𝜌 (𝜌 −𝜌𝑣 )𝐶
𝑙

𝑙

𝑣

𝑝 𝑇𝑔
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where, B is the ratio of the total volume of the vapor to the total volume of the liquid in the cavitation
zone, Cp is the specific heat capacity of the liquid, 𝐿 is the latent heat, and 𝑔 is the acceleration of
gravity.
For instance, the bubble volume in the cavitation region is half of the liquid volume when B=0.5. With
this B value, ∆𝐻𝑣 =8.35×10-5 m for water (298 K), ∆𝐻𝑣 =0.68 m for LN2 (80 K), ∆𝐻𝑣 =0.51 m for LNG
(112.5 K). Comparing the cavitation pressure drop of the three substances, the thermodynamic effect
has a greater influence on the cavitation of cryogenic process fluids. The liquid-vapor density ratio
of water is of order 105, while the liquid-vapor density ratio for cryogenic fluids is just of order 102.
Therefore, the cryogenic fluids need more liquid vaporization to form a bubble of the same size as
water. In other words, more latent heat is absorbed and the temperature inside the bubble is lower.
Moreover, the thermal conductivity of the cryogenic fluids is lower than water, resulting in a more
pronounced temperature gradient near the bubbles. As a result, significant temperature drop is
caused by the cryogenic cavitation. Further occurrence of cavitation is inhibited due to the thermal
sensitivity of the cryogenic fluids.
2.2.

Basic Governing Equations and Turbulence Method

In this paper, thermodynamic effect on cryogenic fluid cavitation in micro bearing clearance is
considered for numerical simulation using FLUENT. The conservation form of the Reynolds timeaveraged N-S equations includes the continuity equation, the momentum equation and the energy
equation.
𝜕𝜌𝑚
𝜕𝑡
𝜕(𝜌𝑚 𝑢𝑖 𝑢𝑗 )
𝜕(𝜌𝑚 𝑢𝑖 )
+ 𝜕𝑥
𝜕𝑡
𝑗

+ 𝛻 ∙ (𝜌𝑚 𝑢
⃗ 𝑚) = 0

𝜕𝑝

𝜕

𝜕𝑢

Eq. (2)

𝜕𝑢𝑗

2 𝜕𝑢𝑗

𝑖

𝑖

𝜕

= − 𝜕𝑥 + 𝜕𝑥 [𝜇 (𝜕𝑥 𝑖 + 𝜕𝑥 − 3 𝜕𝑥 𝛿𝑖𝑗 )] + 𝜕𝑥 (−𝜌𝑚 ̅̅̅̅̅̅
𝑢𝑖′ 𝑢𝑗′ )
𝑗

𝑗

𝑗

𝑗

Eq. (3)

where, 𝜌𝑚 is the mixture density, 𝑢
⃗ 𝑚 is the velocity vector in Cartesian coordinate system, 𝑡 is the
time, 𝑝 is the pressure, and 𝑢𝑖,𝑗 is the average speed. −𝜌𝑚 ̅̅̅̅̅̅
𝑢𝑖′ 𝑢𝑗′ is the time-averaged turbulent
pulsation value - Reynolds stress term, and 𝜇 is the laminar viscosity coefficient of vapor and liquid
mixture which is defined as:
𝜇 = 𝜇𝑙 𝛼𝑙 + 𝜇𝑣 (1 − 𝛼𝑙 )

Eq. (4)

𝛼𝑙 is the volume fraction of the liquid phase, 𝜇𝑙 is the viscosity coefficient of the liquid phase, and 𝜇𝑣
is the viscosity coefficient of the vapor phase.
Energy equation:
𝜕
𝜕
(𝜌𝑚 𝑇) +
(𝜌𝑚 𝑢𝑗 𝑇)
𝜕𝑡
𝜕𝑥𝑗

𝜕

𝜕𝑇

= 𝜕𝑥 [(𝑘 + 𝑘𝑡 ) 𝜕𝑥 ] + 𝑆𝐸
𝑗

𝑖

Eq. (5)

where, 𝑘 is the heat transfer coefficient and 𝑘𝑡 is the turbulent heat transfer coefficient, the definition
of which depends on the applied turbulence model. 𝑆𝐸 is the volumetric heat source term. Take the
thermodynamic effect into account, 𝑆𝐸 is the product of the vaporization latent heat and mass
transfer rate between vapor-liquid phase conversion.
It is especially important to choose a turbulent model reasonably. Because of high curvature of the
stream lines in the flow field, the Realizable 𝑘 − 𝜀 model is selected:
𝜕(𝜌𝑘)
𝜕(𝜌𝑘𝑢 )
+ 𝜕𝑥 𝑖
𝜕𝑡
𝑖

= 𝜕𝑥 [(𝜇 + 𝜎 𝑡 ) 𝜕𝑥 ] + 𝐺𝑘 + 𝐺𝑏 − 𝜌𝜀 − 𝑌𝑀 + 𝑆𝑘

𝜕(𝜌𝜀)
𝜕(𝜌𝜀𝑢 )
+ 𝜕𝑥 𝑖
𝜕𝑡
𝑖

= 𝜕𝑥 [(𝜇 + 𝜎𝑡 ) 𝜕𝑥 ] + 𝜌𝐶1𝜀 𝑆𝜀 − 𝐶2𝜀 𝜌 𝑘+

𝜕

𝜇

𝑗

𝜕

𝜇

𝑗

𝜕𝑘

𝑘

𝜀

Eq. (6)

𝑗

𝜕𝜀

𝑗

𝜀2
√𝑣𝜀

𝜀

+ 𝐶1𝜀 𝑘 𝐶3𝜀 𝐺𝑏 + 𝑆𝜀

Eq. (7)

where 𝐺𝑘 is the kinetic energy generation term caused by the average velocity gradient, 𝐺𝑏 is the
kinetic energy generation term due to buoyancy, 𝑌𝑀 represents the fluctuation caused by diffusion.
𝐶1𝜀 , 𝐶2𝜀 and 𝐶3𝜀 are empirical constants. 𝜎𝑘 and 𝜎𝜀 are the Prandtl numbers corresponding to the
turbulent kinetic energy 𝜀 and the dissipation rate, respectively. 𝑆𝑘 and 𝑆𝜀 are user-defined source
items.
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Based on the Zwart cavitation model and the influence of temperature on mass transfer, an improved
cavitation source term considering the thermodynamic effect is obtained (Suguo et al., 2012.):
2𝑃𝑣 −𝑃
3𝜌𝑙

− √𝐶

2𝑃−𝑃𝑣
3𝜌𝑙

− √𝐶

𝑅𝑒 = 𝐶𝑒

√𝑘
𝜌𝜌
𝜎 𝑙 𝑣

[√

𝑅𝑐 = 𝐶𝑐

√𝑘
𝜌𝜌
𝜎 𝑙 𝑙

[√

𝑘

] (1 − 𝑓𝑣 ), 𝑃 ≤ 𝑃𝑣

Eq. (8)

] 𝑓𝑣 , 𝑃 > 𝑃𝑣

Eq. (9)

𝑝 𝜌𝑙

𝑘

𝑝 𝜌𝑙

where 𝑓𝑣 is the vapor phase mass fraction, 𝜌𝑙,𝑣 is the density of the liquid phase and vapor phase, 𝑘
is the turbulent kinetic energy, 𝜎 is the surface tension, 𝐶𝑒 and 𝐶𝑐 are the empirical coefficients, in
the current case, the values are 𝐶𝑒 = 5, 𝐶𝑐 = 0.001. 𝑃𝑣 is cavitation pressure.

3. NUMERICAL ANALYSIS OF NEAR-SATURATED HYDRO-DYNAMIC BEARING
CAVITATION
3.1.

Modelling of Fluid Film in Micro Bearing Clearance

According to the principle of hydrodynamic lubrication with near-saturated liquid, a self-lubricated
bearing-rotor system is designed in this paper (shown in Fig. 2a). The herringbone bearing’s fluid
domain (shown in Fig. 2b) is extracted and the hexahedral structured meshing is used.

Figure 2: a) Self-lubricating bearing-rotor system, b) Herringbone bearing fluid domain

The self-lubricated journal herringbone bearing analysed in this paper is based on the high speed
full-cryogenic centrifugal pump. The main geometrical parameters and operating conditions of the
bearing are shown in Table 2
Table 2. Main geometrical parameters and operating conditions of journal bearing

Substance
LNG
LN2
Water
3.2.

Bearing
diameter
(mm)

Bearing length
(mm)

Minimum film
thickness
(μm)

25

25

5

Operation
temperature
(K)
112.5
80.5
298.5

Subcooled
temperature
(K)
0.5

Numerical Analysis of Cavitation in Near-Saturated Hydrodynamic Bearing

Cavitation in micro bearing clearance is carried out numerically with LNG, LN2 and water. The fluid
domain is unfolded in accordance with the coordinate system shown in Fig. 3. 𝑂𝑆 is the shaft centre,
𝑂𝐵 is the bearing centre, β is the attitude angle, and 𝜃 is the circumferential direction, x is the axial
direction.
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Figure 3: Cylindrical coordinates and Cartesian coordinates

For the three fluids, the volume fractions of vapor phase in the bearing clearance at different
rotational speeds are shown in Fig. 4. Cavitation in LN2 and LNG lubricated bearings have occurred
in speed range of 1200-12,000 rpm, and their cavitation distributions are similar. Compared with LN2,
LNG lubricated bearing has a higher volume fraction of vapor phase at the same rotational speed,
and cavitation span in circumferential direction is larger. This can be attributed to the thermal
properties of LN2 and LNG have similar trends in the working temperature range. However, cavitation
generated by LNG is more intense than that of LN2 due to the higher sensitivity of the cavitation
pressure to temperature. Differently, the water lubricated bearings has no cavitation within the speed
range. The distributions of cryogenic process fluids cavitation are all different from the cavitation
distribution of water. The reason is that the vapor-liquid density ratio of the cryogenic fluids is
relatively small and the cavitation pressure is highly sensitive to temperature. Therefore, the liquid
phase transition to the vapor phase is insufficient and the vapor-liquid phase interface is frothier. The
vapor phase volume fraction gradient is smaller during the mass transfer process.

Figure 4: Volume fraction of vapor phase in the journal bearing under different speeds
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3.3.

The Characteristics of LNG Lubricated Herringbone Bearing

Fig. 5 shows the pressure, temperature and vapor volume fractions of the LNG self-lubricating
herringbone bearing at 8400 rpm. Due to the hydrodynamic effect, positive and negative pressure
regions are generated in the micro bearing clearance. In the negative pressure region, the pressure
is lower than the cavitation pressure and the liquid phase changes to the vapor phase. During this
process, heat absorption leads to a decrease in the temperature of the cavitation zone. Comparing
the cavitation development of water, the thermodynamic effect of the cryogen can suppress the
occurrence of vapor-liquid phase transition and cavitation effectively.

Figure 5: a) Static pressure, b) Temperature, c) Volume fraction of vapor phase in the journal bearing
at 8400rpm (LNG)

The pressure, temperature and vapor volume fractions of the intermediate section A-A of the LNG
self-lubricating herringbone bearing (shown in Fig. 3) at different speeds (4800 rpm, 6000 rpm, 7200
rpm, 8400 rpm, 9600 rpm) is shown in Fig. 6. The positive pressure increases with the increase of
rotational speed. The negative pressure region ( = 0-3.9) gradually increases with the rotational
speed. The temperature drop in the region further increases and the cavitation region enlarges ( =
0-3.0) in circumferential direction. When the rotational speed reaches 9600 rpm, the temperature
drop is 1K, the volume fraction of vapor (VOF) is close to 0.56, and the cavitation area is close to
50%.

Figure 6: The pressure, temperature and vapor volume fractions of the intermediate section at
different speeds

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

434

4. EXPERIMENTAL STUDY
The test rig for the high speed full-cryogenic centrifugal pump system is shown in Fig. 7. Using
hydrodynamic lubrication with the near saturated liquid (LN2), centrifugal pump bearings are wearfree and running smoothly at high speeds. The high-speed pump can realize continuous speed
regulation in the range 1200-12,000 rpm, which can achieve the adjustment of flow rate and hydraulic
head correspondingly. In addition, the high speed full-cryogenic centrifugal pump had small
vibrations with amplitude less than 1.5 μm as shown in Fig. 8.

Figure 7: High speed full-cryogenic centrifugal pump system

Figure 8: Rotational frequency domain diagram

5. CONCLUSIONS
In this paper, the numerical analysis of cryogen cavitation in the micro bearing clearance is carried
out for the high speed full-cryogenic centrifugal pump. A similarity experiment of the high speed fullcryogenic centrifugal pump was carried out, and the following conclusions are obtained:
1.The inception and development of cavitation between cryogenic process fluid and normal
temperature process fluid are different. For the cryogenic fluid, its thermodynamic effect is more
obvious and the cavitation has been inhibited significantly;
2. For the LNG lubricated journal bearing with cavitation, the maximum pressure drop and
temperature drop occur at the position with largest volume fraction of vapor;
3. Feasibility of LNG hydrodynamic lubrication is verified through the experiment using near
saturated liquid (LN2). The test results indicate that the high speed full-cryogenic centrifugal pump
can operate smoothly in the cryogenic transport system.
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NOMENCLATURE
p

pressure (kPa)

T
α

temperature (K)
volume fraction
cavitation pressure drop(m)
the mixture density (kg·(m3)-1)
viscosity coefficient (Pa·s)
vapor phase mass fraction

∆𝐻𝑣
𝜌𝑚
𝜇
𝑓𝑣

𝐶𝑝
𝐿

𝑆𝐸
𝑔

𝑢𝑖,𝑗
𝑘
𝜎

constant pressure specific heat capacity
(J·kg-1K
· -1)
latent heat (KJ·kg-1)
volumetric heat source term
acceleration of gravity (9.8m·(s2)-1)
the average speed (m·s-1)
heat transfer coefficient (W·m-1K
· +)
-1
surface tension (N·m )
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ABSTRACT

LNG (Liquefied Natural Gas) vaporizer is widely used all over the world to vaporize LNG by using
seawater, etc. as a heating source. Intermediated Fluid type LNG Vaporizer (IFV) is using
intermediated fluid between LNG and heating source. Propane has been used as an intermediated
fluid conventionally, but new refrigerants except for propane are required because usage
environment was diversified recently. In this study, refrigerants substitute for propane applicable to
IFV were selected as R32 and R410A. On the basis of some experimental formula, prediction of
boiling and condensation heat exchange quantity in tube bundles was also carried out and it
enabled to predict actual IFV vaporization quantity with plus or minus 2 percent accuracy. The
prediction demonstrated that those selected refrigerants can increase the vaporization rate with IFV
from the base line of propane.
Keywords: Condensation, Evaporation, LNG, Tube Bundle.

1. INTRODUCTION
The LNG that was imported from overseas is transported to consumers’ locations by vaporizing it
using LNG vaporizers. The vaporization of LNG uses heat sources, such as seawater and industrial
water. The intermediate fluid type LNG vaporizer (hereinafter referred to as IFV) is a type of
vaporizer that uses an intermediate fluid between LNG and the heat source and has a device
configuration shown in Fig. 1 (Egashira, 2009). An intermediate fluid is evaporated by being heated
by the heating source with the evaporator (E-1), while by being cooled by the cooling source with
the condenser (E-2), being condensed, and circulating the inside of the IFV by the thermosiphon
phenomenon, it transfers the heat of the heating source to LNG. The IFV is used when cryogenic
energy, such as cryogenic power generation or intake air cooling, is used or when the location of
use is in a dirty-seawater area. Previously, propane had been used as an intermediate fluid;
however, due to recent diversification of operating environments, new refrigerants other than
propane are in demand. This study chose, as new refrigerants substitute for propane, R32 and
R410A, which have low freezing points. These refrigerants have been widely used for air
conditioning; however, their performance when used for a vaporizer has not been grasped. This
study examined the feasibility of application of the new refrigerants by developing a calculation
model that predicts the vaporization performance of the IFV, verifying it by comparison with
operation data of an actual equipment using propane, and predicting the performance when R32
and R410A are used.
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Figure 1:

Intermediated Fluid type LNG vaporizer

2. REFRIGERANTS AS NEW INTERMEDIATE FLUIDS
The LNG vaporizer needs to heat LNG from -160°C to ambient temperature. Therefore, the
intermediate fluid for the IFV needs to circulate without freezing even in the above temperature
range. Also, due to the recent environmental regulations, the ozone depletion potential and the
global warming potential need to be taken into consideration as well. As refrigerants that meet these
conditions, we chose three types of refrigerants shown in Table 1. Of these refrigerants, R22 has a
high ozone depletion potential and hence was removed from the candidates. Although the freezing
points of R32 and R410A are higher than that of propane, the possibility of the refrigerants freezing
is considered to be low if the circulation of the refrigerants is ensured because the tube wall
temperature of the condensing tube is approximately -100 °C. Furthermore, they have relatively low
ozone depletion potentials and global warming potentials. Although R410A is a mixed coolant of
R32 and R125, since the temperature difference between the boiling point and the dew point is
negligibly small, it was handled as an azeotropic coolant in this study. For various physical property
values of the refrigerants used in the calculation, we used the physical property calculation software
REFPROP 9.1.

3. SIMULATION MODEL
The evaporator and the condenser of the IFV mainly consists of tube bundles; in order to predict the
performance, boiling and condensation of the coolant in the tube bundles need to be accurately
grasped. This study developed a performance prediction model for each of them.
3.1 Evaporation
Fig. 2 shows rough sketches of the tube bundle of the IFV evaporator. The tubes are arranged in
staggered positions in the vertical direction, and bubbles of the generated refrigerant vapor ascend
through the tube bundle. The effect of the vapor bubbles reduces the boiling heat transfer rate of the
refrigerant in the upper sections of the tube bundle. This study used Eq. (1) by referring to the
literature (Ribatski et al., 2008) and calculated the boiling heat transfer coefficient in the tube bundle.
The heat transfer coefficient of the heating fluid in the tube was calculated using Eq. (2) by
Dittus-Boelter (1930). On the other hand, the heat transfer rate was calculated using the number of
transfer units in Eq. (3), considering the stability of the calculation. This calculation was performed
by dividing the tube bundle of the evaporator into eight units in the direction of the flow of the
heating fluid and following the calculation flow shown in Fig. 3 for each unit. The calculation
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temporarily determined the outlet temperature of the heat transfer tube of a unit and calculated the
outlet temperature that can balance the heat exchange quantity calculated from the inlet
temperature and the outlet temperature of the heat transfer tube with the heat transfer rate
calculated with Eq. (3). Assuming that the outlet temperature of one unit is the inlet temperature of
the next unit, the calculation was performed repeatedly to obtain the heat exchange quantity of the
entire tube bundle.
0.2

α = 𝑓wm 𝑞wall 0.9−0.3𝑝red 𝑝red 0.45 [− log(𝑝red )]−0.8 𝑅𝑎 0.2 𝑀−0.5
4

1

Eq. (1)

Nu = 0.023𝑅𝑒 5 𝑃𝑟 3

Eq. (2)

𝑄 = 𝜀𝐶𝑚𝑖𝑛 (𝑇𝑠𝑎𝑡 − 𝑇𝑖𝑛 )

Eq. (3)

(a)Flow configuration

(b) cross sectional view

Figure 2: Tube bundle of IFV evaporator

Figure 3: Evaporator calculation flow
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3.2 Condensation
Fig. 4 shows rough sketches of the tube bundle of the IFV condenser. In the condenser, U-tubes are
arranged in zigzag positions in the height direction, and the generated liquid coolant drips vertically
down the tube surfaces. The effect of the liquid film causes inundation in the lower section of the
tube bundle, a phenomenon which reduces the condensing heat transfer coefficient of the
refrigerants. This study calculated the condensing heat transfer coefficient in the tube bundle that
takes the effect of the inundation into account, using Eqs. (4) to (6) with reference to the literature
(Honda et al.,1988). In this calculation, NuDg represents heat transfer when the condensate flows
due to gravity, and NuDf represents heat transfer when the condensate is uniformly distributed. The
heat transfer rate of LNG in the heat transfer tube was calculated using the Dittus-Boelter
correlation (1930) because LNG is in a supercritical state and can be simplified as a single-phase
fluid. On the other hand, the heat transfer rate was calculated using the number of transfer units as
with the evaporator. This calculation was performed by dividing the tube bundle of the condenser
into 26 units in the direction of the flow of the heating fluid, including the outward tube and the
inward tube and following the calculation flow shown in Fig. 5 for each unit. The calculation
temporarily determined the outlet temperature of the heat transfer tube of a unit and the condensing
quantity in the inward tube of the U-tube and calculated the outlet temperature that can balance the
heat exchange quantity calculated from the inlet temperature and the outlet temperature of the heat
transfer tube with the heat exchange quantity calculated with Eq. (3). Assuming that the outlet
temperature of one unit is the inlet temperature of the next unit, the calculation was performed
repeatedly to obtain the heat transfer rate of the entire tube bundle.
1/4

2

Eq. (4)

𝑁𝑢𝐷 = {𝑁𝑢𝐷𝑔 4 + (𝑁𝑢𝐷𝑔 𝑁𝑢𝐷𝑓 ) + 𝑁𝑢𝐷𝑓 4 }

4 1/4

4

𝑁𝑢𝐷𝑔 = 𝐺𝑟𝐷 1/3 {(1.2/𝑅𝑒𝑓𝑔 0.3 ) + (0.072𝑅𝑒𝑓𝑔 0.2 ) }

𝑁𝑢𝐷𝑓 =

𝑝 0.7
0.165 (𝑝𝑡 ) {𝑅𝑒𝜈𝐷 −0.4
𝑙

1

+

1

0.4
𝑞
2 𝜌 2 𝑅𝑒𝐿𝐷 𝑃𝑟𝐿
1.83 (𝜌 ∆𝑖 𝑛𝑈 )} (𝜌𝑣 ) 𝑅𝑒
0.2
𝑣 𝑣 𝜈𝑛
𝐿
𝑓𝑢

(a) Flow configuration

Eq. (5)

Eq. (6)

(b) cross sectional view

Figure 4: Tube bundle of IFV condenser
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Figure 5: Condenser calculation flow

4. RESULTS AND DISCUSSIONS
Figure 6 shows the heat transfer rate of each unit of the heating fluid in the evaporator. In the lowest
tube in the tube bundle, the heat transfer rate is low, and in the second tube from the bottom and
upper tubes, the heat transfer rate is improved by promoted convection of the intermediate fluid due
to vapor bubbles, which increased the heat transfer rate. Fig. 7 shows the heat transfer rate of each
unit of LNG in the condenser. It can be confirmed that the heat transfer rate is greater at the tube
influx section where the temperature difference from that of the intermediate fluid is large, and as
the temperature difference became smaller, the heat transfer rate gradually decreased. The
temperature decreased in order from the upper section to the lower section vertically, which
indicates that heat transfer reduction due to inundation is reproduced. The figure shows the result of
comparison between the calculation results when the intermediate fluid is propane and the
performance of the actual equipment. The performance is successfully predicted with an accuracy
of approximately ±1% for the evaporation performance and with an accuracy of approximately ±2%
for the condensing performance.
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Figure 6: Heat transfer rate in evaporator
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Figure 7: Heat transfer rate in condense

Condition [3]
Light LNG

Condition [2]
-0.60%
Heavy LNG
(High flow rate)

＋1.70%

-1.75% Condition [1]
Heavy LNG
(Low flow rate)

Figure 8: Comparison of heat transfer rate

Using this calculation model, we performed predictive calculation of the heat transfer performance
when R32 and R410A are used as an intermediate fluid. The result indicates that the evaporation
performance is on the same degree as when propane is used and that the condensing performance
improves by approximately 7% with R32 and approximately 4% with R410A. The result also
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indicates that the heat transfer tube surface temperature is higher than the freezing point of each
refrigerant, suggesting a low possibility of performance deterioration due to freezing on the tube
surface. Therefore, in terms of the heat transfer performance of the vaporizer, it was indicated that
R32 and R410A can be used in place of propane as an intermediate fluid for the IFV.

5. CONCLUSION
The calculation model predicted with an accuracy of approximately ±1% for the evaporation
performance and with an accuracy of approximately ±2% for the condensing performance. The
evaporation performance is on the same degree as when propane is used and that the condensing
performance improves by approximately 7% with R32 and approximately 4% with R410A.

NOMENCLATURE

GrD

:heat capacity on the side of the
smaller thermal capacity among the
two fluids (W/K)
:Grashof number (-)

M

:molecular weight (kg kmol )

Uvn

NuD

:Nusselt number (-)
:Nusselt number
(gravity flow) (-)
:Nusselt number
(uniform distribution flow) (-)
:Prandtl number (-)
:liquid Prandtl number (-)
:heat transfer rate (W)
:arithmetic average roughness (μm)
:Reynolds number (-)
:film Reynolds number (gravity flow) (-)
:film Reynolds number
(uniform distribution flow) (-)
:two-phase Reynolds number (gas) (-)
:two-phase Reynolds number
(liquid) (-)

fwm

:saturation temperature (K)
:tube bundle cross section flow rate
(m/s)
:material constants (-)

pl

:horizontal pitch (m)

pt

:vertical pitch (m)

pred
ρl
ρv
qwall
ε
Δiv

:reduced pressure (-)
:liquid density (kg m-3)
:gas density (kg m-3)
:extravascular heat flux
efficiency of a heat exchanger (-)
:latent heat of condensation (J kg-1)
:boiling heat transfer coefficient
(W m-2K-1)

Cmin

NuDg
NuDf
Pr
PrL
Q
Ra
Re
Refg
Refu
ReνD
ReLD

-1

Tin

:cold fluid inlet temperature (K)

Tsat

α
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ABSTRACT
Carbon dioxide is present in many gases mixtures, such as biogas and natural gas, besides air. This
poses an important question on how to extract that gas component at affordable cost and technology.
One of the more promising techniques for carbon dioxide separation is the supersonic separation,
which consists in the expansion of the fluid inside a supersonic nozzle and as the temperature falls
due to the expansion, clusters (solid or liquid) of carbon dioxide will form leading to a condensation
wave within the supersonic nozzle.
Pressure, temperature, and Mach number were calculated using the one-dimensional analysis for
real gas. The homogeneous nucleation was calculated using the classical nucleation theory and
finally it was estimated the region where the change phase will occur, being located between the
Spinodal Line and the homogeneous nucleation (Wilson Line).
Keywords: Carbon Capture, Change Phase, Condensation, Nucleation.

1. INTRODUCTION
Nowadays, natural gas is one of the most important sources of energy in the world (Haghighi et al.,
2013). Raw natural gas is not a saleable product because it contains a mix of various hydrocarbon
gases with other gases, liquids and solid contaminants (Liu et al., 2014).
For the previous reason dehydration of raw gas is presented as an important goal in operational gas
conditioning process (Niknam et al., 2018), helping to avoid the problems that occurs in downstream
such as condensation, liquid slugging, and controlling of gas heating value (Speit, Saeid Mokkhatab,
William A. Poe, 2006), removing water or heavy hydrocarbons from the gas (Niknam et al., 2017).
Many researches have been focused on the development of new technologies to remove liquids
from the gas phase, these dehydration methods are characterized by their huge investment, the
complexity of the mechanical structure, the need of large facilities to be implemented and the
damage caused by this equipment to the environment (Niknam et al., 2018). Due to these facts, the
using of supersonic nozzles for dehydration is a new concept that has been growing in recent years
(Niknam et al., 2018).
Some of the advantages of this new technology are: the adding of chemical solvents to the raw
natural gas is not required (Haghighi et al., 2013); it does not have rotating parts making it compact;
ensure a simple facility with a high availability making it proper to operate in harsh or offshore
environments (Liu et al., 2014), it has little loss of thermal energy and hydrodynamic head. However
its coefficient of performance is still low, and there seems to be a large gap in the method that
evaluates and improves the separation efficiency (Liu et al., 2014).
In a supersonic nozzle, the inlet pressure is exerted to condense the heavy fractions in the gas
stream without using any external energy sources(Niknam et al., 2018).
A convergent-divergent nozzle composes the supersonic nozzle, during the supersonic gas
expansion; the enthalpy of inlet gas stream is transformed into kinetic energy through an isentropic
transition along with a temperature drop, which causes the heavy fractions to be condensed, due to
the nucleation.
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Therefore, in this paper it is estimated the homogenous nucleation limit for carbon dioxide, this line
is also knows as Wilson line and the supersonic expansion inside a de Laval nozzle for a 1-D model
with the following assumptions:






Smooth nozzle profile without boundary layer detachment;
Steady state flow;
Inviscid flow;
No heterogeneous nucleation; and
Isentropic quasi 1-D flow.

Fig. 1 shows the solution flow chart used in this work, where firstly it was calculated the homogenous
nucleation limit along an isothermal line. Next, it was programmed a supersonic solver in Python 3.6
to calculate the supersonic expansion of the carbon dioxide in a de Laval Nozzle, without considering
the condensation or solidification effects in the flow.

Figure 1: The solution flow chart.

For the nozzle profile was use the divergent-convergent nozzle proposed by Arina´s profile (Arina,
2004) usually used in the literature as a benchmark for different codes. Fig. 2 shows the control
volume used in this work. This study is limited to find the conditions required for the phase change
starts.

Figure 2: Control volume over an Arina´s converging-diverging supersonic nozzle.
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2. MATHEMATICAL MODEL
In next sections, it is presented the mathematical model used in this work related to real gas
thermodynamic properties calculations, homogenous nucleation and isentropic supersonic
expansion inside a de Laval nozzle.
2.1.
Real gas equation of state.
For the estimation of thermodynamic properties and partial derivatives was used CoolProp (Bell et
al., 2014), code that handles with several fluids, based on Helmholtz free energy formulation for a
multiparameter equation of state. In this work it was used the equation of state proposed by Wagner
(Span and Wagner, 1996) which is built in the CoolProp database.
Eq. (1) shows the ideal and residual part of the free Helmholtz energy in a dimensionless form. Eqs.
(2) and (3) show the calculation of the ideal and residual part. All these equations are based on the
calculation of the non-dimensional temperature and density, Eqs. (4) and (5). The calculation of
other thermodynamic properties are possible after the calculation of the dimensionless Helmholtz
free energy and their derivatives, such as pressure Eq. (6), specific enthalpy Eq. (7), specific entropy
Eq. (8), and, finally, the speed of sound Eq. (9).
𝛼 = 𝛼0 + 𝛼𝑟
𝛼 0 (𝜌, 𝑇, ) = ln 𝛿 + 𝑎1 ln 𝜏 + 𝑎2 + 𝑎3 𝜏 + 𝑎4 𝜏 −1 + 𝑎5 𝜏 −2 + 𝑎6 𝜏 −3 + 𝑎7 ln[1 − exp(−𝑎8 𝜏)]
6

Eq. (2)
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2.2.
Maxwell isothermal reconstruction.
Once the phase envelope for the carbon dioxide was constructed, it is required to build an isothermal
line across the two-phase region. Over that line it was calculated the homogenous nucleation limit.
Nevertheless, for a multiparameter equation of state based on Helmholtz energy, this isothermal line
have several roots compared to with a cubic equation of state. Hence, is required a reconstruction
of this line keeping all the important information and fulfilling the Maxwell´s criteria.
It has been used the formulation proposed by Boltachev and Baidakov (2006) and refined by Matthis
Thorade (2014). In this formulation it is reconstructed the dimensionless Helmholtz free energy, Eq.
(10), and the pressure, Eq. (11), using a polynomial expression. All the adjusting coefficients have
to fulfill the conditions established in Eqs. (12), (13), and (14). Eq. (14) is the Maxwell´s rule of equal
areas in density terms.
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After performing the calculations, it was obtained the reconstructed Metastable Maxwell loop as
presented in Fig. 3a, where it was also plotted, as an example, the original isothermal line at 295 [K]
for carbon dioxide. The analysis showed that it was possible to verify the odd behavior of that
isothermal, attaining pressure values higher than the critical one and with several roots within the
equilibrium dome, which clearly confirms the data fit behavior of such equation. After reconstructing
the isothermal line, it is possible to construct the Spinodal line using the conditions established in
Eqs. (12) and (13). The Spinodal curve is presented in Fig. 3b.

a)

b)

Figure 3: a) Comparison isothermal and Metastable Maxwell Loop for 295 K, b) Spinodal Lines.

2.3.
Wilson Line.
Subsequently, the Spinodal and the isothermal lines were calculated, it was estimated the
homogeneous nucleation inside the region constrained by the binodal and the Spinodal line. It was
used the approach of homogenous nucleation developed by (Pandey, 2014),based on the classical
nucleation theory.
In this approach, the nucleation starts when the nucleation rate exceeds a critical value of 1020 [m3 -1
s ] (Bier et al., 1990). The nucleation rate was calculated from Eq. (15), considering a nonisothermal factor, Eq. (16). In Eq. (17) it was calculated the critical radius of nucleation as a function
of the supersaturation ratio, Eq. (18). That ratio is the relation between the vapor pressure inside the
metastable state and the equilibrium pressure for the same isothermal line and it determines the
degree of metastability of the expansion.
𝛼𝑐 𝜌𝑣2 2𝜎
4𝜋𝑟 ∗2 𝜎
√ 3 exp(−
)
𝐶𝜌𝑙 𝜋𝑚
3𝑘𝑇𝑣
𝛾 − 1 ℎ𝑣 − ℎ𝑙 ℎ𝑣 − ℎ𝑙 1
𝐶 = 1+2
(
− )
𝛾 + 1 𝑅𝑇𝑣
𝑅𝑇𝑣
2
2𝜎
𝑟∗ =
𝜌𝑙 𝑅𝑇𝑣 ln(𝑆)
𝑃𝑣
𝑆=
𝑃𝑒𝑞

Eq. (15)

𝐽𝐶𝐿 =

Eq. (16)
Eq. (17)
Eq. (18)

With the set of equations (Eqs. 15-18) it was calculated the Wilson Line for carbon dioxide for several
isothermal lines inside the two-phase region. The algorithm for the Wilson line starts from the
intersection of the bimodal or saturation line with the reconstructed isothermal line in the vapor
region. Subsequently, the algorithm starts to go along the isothermal line for several steps looking
for the point where the critical homogenous rate is attained, this point is called the Wilson point. After
carrying out the procedure for several isothermal lines, the Wilson line is obtained. Those results are
shown in Fig. 4 and are compared with experimental data available in literature (Lettieri et al., 2017).
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Figure 4: Wilson line validation and Spinodal verification.

2.4.
Supersonic Expansion.
In the last sections it is presented the methodology and equations used to find the Spinodal line and
the Wilson line for carbon dioxide. In this section, it is presented the model used to simulate the
quasi 1-D expansion of carbon dioxide in a supersonic de Laval Nozzle using the Arina´s profile
(Arina, 2004). The model does not take into account the effect of condensation in the supersonic
flow as it just estimated the conditions and the point where the phase change starts up.
Eq. (19) presents the conservation of the stagnation specific enthalpy that must remain constant
along the nozzle, the mass conservation equation is formulated in Eq. (20); Eq. (21) shows the
isentropic condition inside the nozzle. Finally, Eq. (22) presents the definition of Mach number.
Was implemented a solver from Scipy in Python 3.6 to calculate the temperature of the flow at each
point as a function of the nozzle area and the stagnation entropy, once the temperature is obtained,
it is possible to find other thermodynamic properties such as specific enthalpy, density, and the local
speed-of-sound, w. V is the flow velocity.
ℎ0 = ℎ𝑖 +

𝑉𝑖2
2

𝐴𝑖𝑛𝑙𝑒𝑡 𝜌𝑖𝑛𝑙𝑒𝑡 𝑉𝑖𝑛𝑙𝑒𝑡 = 𝐴𝑖 𝜌𝑖 𝑉𝑖

Eq. (19)
Eq. (20)

s0 = 𝑠𝑖

Eq. (21)

𝑉
𝑤

Eq. (22)

M=

Figure 5: Supersonic expansion in a de Laval nozzle with phase change.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

449

After performing the isentropic solution calculations for the Arina´s profile, it was obtained the
temperature, pressure, and Mach number curves within the nozzle, as depicted in Fig. 5. Binodal
line and the Wilson line crossing are also shown, and the dashed lines shows the expansion without
phase change after the Wilson line. However, in reality, the actual section were nucleation starts off
lies between the binodal and the Wilson line, being the latter the metastable limit.

3. CONCLUSIONS
This paper examined the condensation phenomena in an isentropic supersonic expansion of carbon
dioxide within an Arina´s nozzle using a real gas approach. It was found that below reduced
temperatures of 0.95 a good agreement between experimental data available in literature and the
theoretical results.
It was found a good agreement of the Spinodal line after the verification with the work of Lettieri,
where the maximum deviation is of 1.1%, showing the good fitting in the reconstruction of the
Maxwell isothermal.
The Wilson line obtained could be used to estimate the phase change starts for a no equilibrium
process, regardless of the process nature.
The model should be improved to consider the latent heat release as the condensation starts in the
supersonic flow, also considering the change in entropy.
The results obtained are good enough for a preliminary design of process and/or equipment;
nevertheless, due the complex nature of the non-equilibrium condensation, it is required
experimentation and more advanced and realistic models. A further challenge under investigation is
to extend the solution procedure to a gaseous mixture containing carbon dioxide.
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NOMENCLATURE
A

area (m2)

Tc

critical temperature (K)

C

non-isothermal correction factor (-)

J

volumetric nucleation rate (m-3s-1)

kb

stagnation temperature (K)
specific volume (m 3 kg-1)
flow velocity (m s-1)

w

speed-of-sound (ms-1)

h
m
M

Boltzmann constant (1.38064852× 10-23
m2 kg s-2 K-1)
specific Enthalpy (J kg-1)
mass of CO2 (kg)
Mach number (-)

T0
v
V
α
α0
αr

dimensionless Helmholtz free energy (-)
ideal dimensionless Helmholtz free energy (-)
residual dimensionless Helmholtz free energy (-)

MW

CO2 molar weight (44.01 g mol–1)

αc

condensation coefficient (-)

P

pressure (Pa)

β

adjusting parameter (-)

P0

stagnation pressure (Pa)

γ

isentropic expansion ratio (-)

r*

critical radius (m)
ideal gas constant (8.314472 J
K−1mol−1)

δ

dimensionless density (-)

ρ

density (kg m-3)

R
s

specific Enthalpy (J kg-1K-1)

ρc

critical density (kg m-3)

S

supersaturation ratio (-)

σ
τ

surface tension (N m-1)
dimensionless temperature (-)
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ABSTRACT
In this work, the surface tensions of some selected new low GWP (global warming potential)
refrigerant mixtures containing HFOs (hydrofluoroolefins) were determined. The surface tension of
the HFO-1123/HFC-32 was experimentally determined at temperatures from 265 K to near the
critical points and with various compositions. Further, a model associating a cubic equation of state
with the linear gradient theory was developed. Good agreement was observed between the
experimentally obtained results and those obtained using the developed model.
Keywords: Surface Tension, Measurements, Parachor Method, Linear Gradient Theory.

1. INTRODUCTION
In the Kigali amendment to the Montreal protocol, a phase down schedule for the production and
consumption amount of HFCs (Hydro Fluoro Carbons) and HCFCs (Hydro Chloro Fluoro Carbons)
was declared for mitigating global warming. According to this schedule, until 2036, developed
countries should reduce CO2 emissions equivalent to 85% from the baseline corresponding to the
period 2011–2013. Owing to such circumstances, low GWP (global warming potential) refrigerants
are attracting the attention of air conditioning and refrigeration system manufacturers worldwide. The
current commercial focus is on HFOs (Hydro Fluoro Olefins) exhibiting a GWP of less than one, with
acceptable mild flammability. A binary refrigerant mixture containing HFO1123 and HFC32 is
anticipated to be an alternative to HCFC 22 and R410A refrigerants used in stationary air
conditioning systems. Although the use of HFO1123 alone causes the risk of disproportionate
reactions, this substance has potentially beneficial thermophysical properties as the one of mixture
components, coupled with HFC32. However, the physical properties of this refrigerant are not
adequately clarified yet. Surface tension is one of the properties having an important role in boiling
and condensation heat transfer; however, experimental data in this regard are not yet reported.
Surface tension data were precisely measured using a differential capillary-rise-height method in this
study. Surface tension was measured using a capillary rise technique; further, a model associating
a cubic equation of state with the linear gradient theory was developed for the HFO1123/ HFC32
mixture.

2. MEASUREMENT
Fig. 1 (a) explains the principle of the differential capillary rise method (Heide, 1997). Surface tension
was measured in terms of the capillary elevation in a small-diameter tube immersed in a liquid. Two
capillaries with inner radii of r1 = 0.4222 ± 0.0009 mm and r2 = 0.7526 ± 0.0009 mm were vertically
set by a supporting brace in a pressure vessel composed of a glass tube with a 17 mm inner diameter
(ID) and 25 mm outer diameter (OD). These capillary radii were precisely measured with mercury
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slugs. The pressure vessel filled with a sample refrigerant was placed in a thermostatic bath, and
the temperature was kept constant with a fluctuation within ±10 mK. The temperature was measured
with a 100 Ω platinum resistance thermometer, calibrated against ITS-90. The uncertainty in
temperature measurements was estimated to be within ±5 mK. In the steady state, the capillary rise
difference between the two capillary tubes was measured using a digital traveling microscope with
a tolerance of 0.01 mm. Fig. 1 (b) shows an example of a charge-coupled device (CCD) image.

ρ”

2r1

2r2

∆h m

hm1

ρ’

φ

hm2

(a) principle
(b) CCD image
Figure 1: Differential capillary rise height method
The height difference in the bottom of the meniscus in each capillary tube, ∆hm as shown in Fig. 1
(a), was measured. To obtain the actual differential capillary rise height ∆hc, the measured differential
height was corrected using the method proposed by Rayleigh (1916), namely approximating the
contact angle φ as zero assuming a semi spherical meniscus.
∆hc = ∆hm +

 r2
 r3
r1 − r2
r2 
r3 
(r − r )
− 0.1288  1 − 2  + 0.1312  12 − 22  + ... ≈ ∆hm + 1 2
3
h
h
h
h
3
 m1
m2 
m2 
 m1

Eq. (1)

The capillary constant a2 was determined only from the capillary radii and the differential capillaryrise-height. Then, the surface tension σ was determined from the capillary constant and orthobaric
liquid and vapour densities ρL and ρV as follows:
a 2 ( ρL − ρV ) g n
g ∆hc
g ∆hc
σ=
,
a2 =
≈
Eq. (2)
2
g n (1 r1 − 1 r2 ) cos φ g n (1 r1 − 1 r2 )
where g and gn correspond to the local gravitational acceleration of 9.79585 m s-2 at Nagasaki-city,
Japan and normal gravitational acceleration of 9.80665 m s-2, respectively. The orthobaric densities
were calculated with REFPROP 9.1. (Lemmon et al., 2013). For HFO1123, the EoS (equation of
state) developed by Higashi and Akasaka (2016) was applied.
For the binary mixture HFO1123/HFC32, the following measurement procedure was performed to
calculate the orthobaric densities. The total charge amount, mtotal, and the charge composition,
WHFO1123, were determined from the mass of each component charged into the pressure vessel.
mtotal = mHFO1123 + mHFC32 ,
WHFO1123 = mHFO1123 mtotal
Eq. (3)
The vapour mass fraction in the vessel, ξ, was determined under a condition such that the total
volume was always equal to the internal volume of the pressure vessel.
Vtotal = mtotalξ ρV (WHFO1123 ,T ,ξ ) + mtotal (1 − ξ ) ρL (WHFO1123 ,T ,ξ )
Eq. (4)
The compositions in the vapour and liquid phases were calculated at that vapour mass fraction using
a default “KW0 model” associated with REFPROP 9.1. Accordingly, the orthobaric vapour and liquid
densities were calculated as functions of the charge composition, temperature, and vapour mass
fraction.

3. MODELING
3.1.

Pure compound

Three main methods can be used for determining the surface tension of a pure compound. The
simplest one is a van der Waals type correlation,
γ
Eq. (5)
σ = σ 0 (1 − Tr )
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The coefficient σ0 and exponent γ are determined to fit the measurement data. The second one is
based on utilising a Parachor (P) for each phase, as seen in Eq. (6). This method also requires the
determination of the molar densities ρ% of each phase.
θ

σ = ( PL ρ% L − PV ρ%V ) ,

ρ% = ( ρ M ) ×10 −3

Eq. (6)
where M represents the molar mass 52.024 g mol for HFC32 and 82.025 g mol for HFO1123. For
a pure component, the value of P for each phase is the same. Eq. (6) also uses an exponent θ and
its value is equal or close to 4 (Gasem et al., 1989). The densities of each phase have to be
calculated. A fundamental EoS based on Helmholtz energy, developed in REFPROP 9.1, can be
used. It is important that the density prediction be very accurate to obtain the best estimation of
surface tension.
-1

-1

Further, using an EoS, it is possible to calculate the surface tension directly. This method is based
on the gradient theory (GT) and its derivative, the linear gradient theory (LGT), both of which have
been extensively described in literature (e.g., Zuo et al., 1997; Miqueu et al., 2003). The gradient
theory states that the Helmholtz energy density of an inhomogeneous fluid, in the absence of an
external potential, is the sum of two contributions: Helmholtz free energy density of the
homogeneous fluid at local composition and a corrective term which is a function of the local density
gradient.
ρ% L

σ = 2c ∫ %

ρv

(

)

f 0 ( ρ% ) − ∑ ρ% i µi + pequil d ρ%

Eq.(7)

Here, c is the influence parameter, ρ% is the molar density (mol.m-3), µi is the chemical potential of
the ith component, f0 is the Helmholtz free energy density, and pequil is the equilibrium pressure. The
equilibrium pressure is calculated using the PR (Peng Robinson) EoS (Peng and Robinson, 1976)
with the Mathias Copeman Alpha function Eq. (8).

[

α(T) = 1+ n1 (1−Tr ) + n2 (1−Tr )2 + n3 (1−Tr )3

]

2

Eq.(8)
Where, Tr is the reduce temperature. The coefficients n1, n2, and n3 in Eq. (8) are optimized using the
pure compound vapour pressure data (Mathias and Copeman, 1983). The influence parameter was
calculated by using a van der Waals type Equation of State (Bongiorno and Davis, 1975). It was
⁄
found that
≈ 0.61. The influence parameter is temperature dependent. Several temperature
dependency expressions can be used. We considered the one given in Eq.(9) proposed by Miqueu
et al. (2003).
 1−T 

c = ( ab 2 3 ) ×  E 
+ F
  Tcrit 


Eq.(9)

In Eq. (9), a and b represent the cohesive energy parameter and volumetric parameter, respectively
(parameters a and b were calculated from the cubic EoS); E and F are adjusted using surface tension
data of each of the pure compounds studied.
3.2.

Mixture

It is possible to apply the three methods described above for determining the surface tension of
mixtures. In the Parachor method, it is necessary to compute the value of the Parachor for each
phase by considering a mixing rule.
N

N

i =1

i =1

PL = ∑ xi Pi and PV = ∑ yi Pi

Eq.(10)

Here, xi and yi are the representative mole fractions of the i th component in the liquid and vapour
phases, respectively.
As for the LGT, mixing rules concerning the determination of parameters a and b of the Cubic
Equation of state have to be considered. Concerning the influence parameter, a quadratic mixing
rule must be considered.
N

N

c = ∑∑ xi x j cij

Eq.(11)

i =1 j =1
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Eq. (11) presents the relation between the influence parameters of the pure compounds. With a
Binary Interaction Parameter (BIP) kij adjusted on experimental data, the parameter cij in Eq.(11) can
be calculated using the influence parameter of each pure component as,
Eq.(12)
cij = ci c j (1 − k ij )

4. RESULTS AND DISCUSSIONS
4.1.

Pure compound

Fig. 2(a) shows the surface tension for pure HFC32 and HFO1123. The symbols and lines
correspond to the measured data and calculation results, respectively. The data of HFC32 obtained
in the present study agree with the measurement data reported in literature and the correlation
proposed by Mulero et al. (2012) implemented using REFPROP within the propagated measurement
uncertainty of approximately ±0.2 mNm-1. Thus, the measurement method is validated. The thin solid
lines represent the following van der Waals-type correlations.
1.246
−3
σ HFC32 = 71.47 × 10 (1 − T 351.26 )

1.300
−3
σ HFO1123 = 61.02 × 10 (1 − T 331.7 3 )

(Mulero et al., 2012)

Eq. (13)

(Kondou and Higashi, 2018)

From the measured surface tension data, the Parachor P was obtained. Fig. 2(b) plots the obtained
Parachor that were 92.4 ±1.6 and 120.9 ±1.6 for HFC32 and HFO1123, respectively. The dashed
line plotted in Fig. 2(a) shows the calculated surface tension with the obtained Parachor. The
calculated value agrees with the measured surface tension within the propagated measurement
uncertainty.
HFO1123
present data (series1)
present data (series2)
critical point (Higashi et al., 2018)
empirical correlation (Kondou and Higashi, 2018)
Eq. (6) with P=120.9

140

HFC32
present data (series1)
present data (series2)
Okada and Higashi (1995)
Fröba et al. (2000)
Duan et al. (2003)
Heide (1997)
Cui et al. (2016)
critical point
(Schmidt and Moldover,1994)
Mulero et al. (2012)
Eq. (6) with P=92.4

HFC32

10

HFO1123

Parachor, P = σ (1/4)M/[(ρL-ρV)×10-3]

Surface tension, σ [mN m-1]

15

5

0

260

280

300

320

Temperature, T [K]

340

360

130
PHFO1123 =120.9
120
110
100
PHFC32 =92.4
90
80

270

280
290
300
Temperature, T [ K ]

310

(a) surface tension
(b) obtained Parachor
Figure 2: Surface tension for HFC32 and HFO1123 alone and obtained Parachor P (θ = 4)

4.2.

Mixture

Fig. 3 shows the phase diagram of the HFO1123/HFC32 to determine the interaction parameter k12.
The symbols represent the measured data obtained by Higashi and Akasaka (2016). The parameter
k12 is determined as 0.034939 to fit these data. The critical parameters and other parameters used
in Eq. (8) are listed in Table 1. The adjustable parameters E and F in Eq. (9) were determined from
the surface tension data listed in Table 1 for HFC32 and HFO1123.
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Table 1: Critical parameters and the parameters used in LGT method
acentric
n1
n2
n3
E
F
factor
Tcrit
Pcrit
in Eq. (8) in Eq. (8) in Eq. (8) in Eq. (9) in Eq. (9)

ω

HFC32
HFO1123

351.26
331.73

5.782
4.543

0.277
0.261

0.85552
0.77401

-1.1255
-0.8708

4.30994
4.66050

-1.22374
-1.34234

-0.34027
-0.47698

3500

Pressure / kPa

3000
2500
2000
1500
1000
500
0.0

0.2

0.4

0.6

0.8

1.0

xR32, yR32

Figure 3: Phase diagram of HFO1123/HFC32 with an interaction parameter k12=0.034939
Figs. 4(a) to 4(d) show the surface tension of the HFO1123/HFC32 at various charge compositions.
The circles represent the measured data. The notation xHFO1123 denotes the mole fraction variation of
the liquid phase in the measurement range, which is slightly lower than the charge mole fraction
XHFO1123.The diamond symbols represent the critical temperature reported by Higashi and Akasaka
(2016). The dashed, thick solid, and dashed-dotted lines respectively represent the calculation
results obtained using the Parachor method, LGT, and van der Waals correlation. The purple thin
line shows the prediction by Di Nicola et al. (2018) proposed for various HFO/HFC binary mixtures.
For the HFO1123/HFC32, the van der Waals correlation was fitted to the measured data as follows:

σ HFO1123/HFC32

63.52 × 10 −3 (1 − T

64.16 × 10 −3 (1 − T
=
−3
66.02 × 10 (1 − T

−3
65.99 × 10 (1 − T

337.48 )

at WHFO1123 =0.629 X HFO1123 =0.518

339.65 )

at WHFO1123 =0.519 X HFO1123 =0.406

342.39 )

at WHFO1123 =0.393 X HFO1123 =0.291

346.85 )

at WHFO1123 =0.190 X HFO1123 =0.130

1.277
1.271
1.264

1.254

Eq. (14)

The exponent of van der Waals correlation (γ) is linearly interpolated against the critical surface
fraction, and then the coefficient σ0 is optimized to obtain the best fit with the measurement data.
The coefficient varies in a downward convex manner with the charged mole fraction, as shown in
Fig. 5. It appears that the coefficient, 65.985, fitted at XHFO1123=0.13 is lower than the expected
variation indicated by the dashed line.
The values obtained with the parachor method, represented by the dashed line in Fig. 4, agree with
the measured surface tension within the uncertainty limit except at a charge mole fraction
XHFO1123=0.13. At a mole fraction 0.13, the measurement result exhibits a lower value than that
predicted using the parachor method. This behavior is also evident in Fig. 6. The blue and red
symbols show the surface tension interpolated from the measured data at temperatures of 268 K
and 303 K, respectively. The dashed lines show the variation in surface tension predicted by the
parachor method at 268 K and 303 K. Similarly, the solid lines represent the prediction by Di Nicola
et al. (2018). These two methods exhibit similar behaviors at higher HFO1123 fractions; however, at

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

456

mole fractions below 0.3 and 268 K, they deviate. The measured data fall in between the prediction
lines of the parachor method and that of Di Nicola et al. (2018).
From the irregularity in the measurement data shown in Figs. 5 and 6, it is inferable that the
measured data at a charged mole fraction XHFO1123=0.13 are lower than the true value. Probably, the
true value of the van der Waals correlation’s coefficient σ0 at a mole fraction XHFO1123 of 0.13 is
relatively higher than the center within the propagated measurement uncertainty.
The LGT predictions, plotted with thick solid lines in Fig. 4, show the highest degree of overlap for
the measured surface tension with the following correction for parameter CF pertaining to the
temperature. CF can be assimilated as a binary interaction parameter.
CF = 1 − ( AT + B )
Eq.(15)
Coefficients A and B are optimized to fit the measurement data and are listed in Table 2. The
weakness of the LGT method is the density estimation of the two phases. This parameter is
necessary because PR EoS predictions concerning the density of the liquid phase are not very
accurate. Selection of the EoS (or parameterization) should be based on density data for both the
vapour and liquid phases.
11
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5
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4

1
320
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Figure 4: Measured data and predictions on surface tension for HFO1123/HFC32
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Figure 6: Mole fraction dependence in σ

Table 2: Coefficients A and B in Eq. (14) for adjustable parameter CF
XHFO1123
1.0
0.5181
0.4063
0.291102 0.12951
0.0
A
0.0
0.00289
0.00252
0.00249
0.00202
1.0
B
-1.47698 -0.02115 0.08793
0.09090
0.23640
-1.34027

5. CONCLUSIONS
The surface tension data of a binary mixture HFO1123/HFC32 measured by a capillary rise method
were delivered. Based on the data, the van der Waals correlation expressing the temperature
dependence is fitted at HFO1123 mole fractions of 0.518, 0.406, 0.291, and 0.130. Those are
compared with the selected predictions. The Parachor methods and the correlation of Di Nicola et
al. (2018) showed good agreement at fractions of 0.518 and 0.406, however slightly deviated at
0.291 and 0.130. The linear gradient theory showed the best agreement. However, the adjustable
parameter showed temperature dependency. This is certainly due to the weakness of the cubic EoS
concerning density prediction. Experimental density or speed of sound data should be determined
in order to select and parametrize the best EoS, and binary interaction parameter for predicting the
surface tension in a wide range of temperature and composition. This is very important for the design
of evaporators.
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NOMENCLATURE
a
a2
b
c
E
F
f0
g
gn
kij

:cohesive energy parameter in Eq.(7)
:capillary constant (m2)
:cohesive energy parameter in Eq.(7)
:influence parameter in Eq. (7)
:parameter for c in Eq.(9)
:parameter for c in Eq.(9)
:Helmholtz free energy density
:local gravitational acceleration (m s-2)
:normal gravitational acceleration (m s-2)
:binary interaction parameter

M
m

n
P
p
r1
r2
T
Tcrit

:molar mass (kg/kmol)
:mass (kg)
:coefficient for saturation pressure
used in Eq.(8)
:parachor
:pressure (Pa)
:radius of smaller capillary tube (m)
:radius of larger capillary tube (m)
:temperature (K)
:critical temperature (K)

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

458

Tr
W
X
xi
yi
V
∆hc
∆hm

φ

: reduced temperautre =T/Tcrit ( - )
:charged composition in mass (kg kg-1)
:charge composition in mole (mol mol-1)
:mole fraction in liquid phase
of ith component
:mole fraction in vapor phase
of ith component
:volume (m3)
:corrected differential height (m)
:measured differential height (m)
:contact angle (rad)

γ
θ
ρ%
ρ
σ

ω

:van der Waals exponent in Eq.(5)
:exponent in Eq.(6)
:molar density (mole cm-3)
:density (kg m-3)
:surface tension (N m-1)
:van der Waals coefficient
in Eq.(5) (N m-1)
:acentric factor

ξ

: vapour mass fraction in vessel (kg kg-1)

σ0
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ABSTRACT
In this work, the calculated surface tension of selected new low GWP (global warming potential)
pure compound refrigerants HFO (hydro-fluoro-olefin) is presented. Molecular simulation methods
are used to calculate the surface tension of R-1123 (trifluoroethylene) and of R-1234ze(E) (trans1,3,3,3-tetrafluoroprop-1-ene), as well as densities at saturation. The results obtained by molecular
simulation are compared with recent experimental data.
Keywords: Surface tension; Hydrofluoroolefins; Experimental measurements; Molecular simulation.

1. INTRODUCTION
New-generation refrigerants are proposed for several years, in order to reduce the overall emission
of greenhouse gases (Kyoto Protocol, 1997) and to respect the environmental regulations, for
instance issued by the European Union (F-gas regulations). In particular, very recently, 150
countries agreed separate timelines for phasing out factory-made hydrofluorocarbon (HFC)
gases, which can be 10 000 times more powerful than carbon dioxide as greenhouse gases (Kigali
deal, 2016). Due to their low global warming potential (GWP), hydrofluoroolefins (HFOs) arouse
interest and have been proposed as replacements for some previous-generation fluids such as
HFCs. The detailed knowledge of the physical properties of refrigerants is essential to design and
optimize thermodynamic systems involving refrigerants, from the production and separation units
to the refrigerant-based systems (such as air-conditioning and refrigeration systems). In the field of
refrigeration, there is a strong need for thermophysical and phase equilibrium data of
fluids, either to retrofit existing equipment with alternative refrigerants or to replace this equipment.
Furthermore, when developing an alternative refrigerant, to obtain detailed experimental data for all
the promising candidates can become rapidly expensive and time-consuming. As an important
complement to experiment and to larger-scale modeling, molecular simulation studies
have emerged in recent years to predict thermophysical properties and phase behavior of pure
fluids and mixtures, and to provide a vision of a fluid in terms of molecular interactions. If well
calibrated, these techniques can lead to quantitative and predictive results, and they present great
advantages, particularly in terms of cost and safety.
The knowledge of surface tension is essential to design refrigerant-based systems, as it plays a
very important role in the boiling and condensation heat transfer. In this work, the capacity of
molecular dynamics (MD) simulations based on pairwise force fields available in the literature to
compute accurate surface tension values, in large temperature ranges, is investigated for two
single compound working fluids with low GWP, namely the R-1123 (trifluoroethylene) and the R1234ze(E) (trans-1,3,3,3-tetrafluoroprop-1-ene). We focus our study first on evaluating the effect of
the simulation duration and of the size of the simulated microscopic system on the computed
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surface tension. Then, we assess the reliability of these computed surface tension from
comparison to recent experiments, in particular those by Higashi and coworkers (Kondou et al
2019, Tanaka et al 2013) and to the results provided by the program REFPROP version 10.0,
which is based on the most accurate fluid models currently available (Lemmon et al 2013).

2. MOLECULAR SIMULATION DETAIL

Figure 1: Single compound refrigerants studied in this paper, R-1123 (left) and R-1234ze(E) (right). In
grey: carbon atoms; in green: fluorine atoms; in white: hydrogen atoms.

2.1.

Force fields

The structure of the compounds studied in this work is shown in Figure 1.The R-1234ze(E) and R1123 molecules were modeled using force fields developed by Raabe (Raabe et al 2009, Raabe
2012, Raabe 2013, Raabe 2016) for which the total potential energy 𝑈  is expressed by the
standard pairwise functional form:
𝑈=

𝑘! 𝑟 − 𝑟!

!

+

!"#$%

𝑘! 𝜃 − 𝜃!
!"#$%&

+

4𝜀!"
!

!!!

𝜎!"

!"

𝑟!"

−

!

+

𝜎!"
𝑟!"

𝑘! 1 + cos(𝑛𝜒 − 𝛿)
!"#$!%&'
!

+

1 𝑞! 𝑞!
4𝜋𝜀! 𝑟!"

Eq. (1)

These force fields are fully flexible, i.e. all the covalent bonds and angles are modeled by the
above first two harmonic energy terms of Eq. (1). 1-4 dihedral angles (defined by the four atoms
involved in three adjacent covalent bonds) are modelled by the third cosine term. Non-bonded
interactions between atoms separated by at least three covalent bonds are described by means of
a sum of a Lennard-Jones (LJ) and a Coulombic pairwise terms (the above fourth energy term).
Note however that non-bonded interactions between atoms separated by exactly three bonds (1-4
interactions) are scaled by a factor 1 2 and 1 1.2, respectively for LJ and electrostatic interactions.
Regarding LJ interactions, their parameters for unlike atom pairs (𝜀!" , 𝜎!" ) obey Lorentz-Berthelot
combining rules
𝜀!" =

𝜀!! 𝜀!! ,

𝜎!" =

𝜎!! + 𝜎!!
2

Eq. (2)

Despite these forces fields neglect the dynamic microscopic polarization response, they were
shown to provide results in good agreement with experiment for the vapor-liquid equilibrium
properties (Raabe 2013, Raabe 2016). However, as far as we know, they have never been tested
for the prediction of the surface tension.
2.2.

MD and surface tension calculation

MD simulations were performed by means of the POLARIS(MD) code developed at French
Alternative Energies and Atomic Energy Commission (CEA) (Coles et al 2015). First, we performed
NPT simulations of bulk systems consisting in orthorhombic boxes comprising 686 molecules and
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for the sets of temperatures considered to compute surface tension (see below). The box
dimensions are (L,L,2L). The systems were modelled using periodic boundary conditions.
Coulombic interactions were computed according to the Smooth Particle Mesh Ewald (SPME)
summation technique (Darden et al 1997) (to compute the SPME reciprocal energy, we used a grid
size of 1 Å, an 8th order Bspline interpolation scheme and no surface term is considered). The
cutoff radius of the SPME direct term was set to 12 Å for R-1234ze(E) and to 18 Å for R-1123 (as
in the original work of Raabe 2106). These cutoffs were also used for truncating LJ interactions,
however we considered standard long range corrections to estimate the energy and virial
components corresponding to the truncated LJ interactions. The system temperature and pressure
are monitored using the Nosé-Hoover chain thermostat and barostat (Martyna et al 1994) using a
coupling constant of 3 ps. We solved the Newtonian equations of motion using the Velocity Verlet
algorithm using a time step of 0.1 fs for the harmonic covalent bond and angle energy terms and a
time step of 0.5 fs for all the remaining energy terms.
All the bulk orthorhombic boxes were relaxed for 5 ns and they were then placed between two
empty regions in the direction of the longest relaxed box dimension 2Lrel, allowing the
representation of two liquid-vapor interfaces. These new boxes, whose dimensions are
(Lrel,Lrel,6Lrel), were then simulated in the NVT ensemble, using the Generalized Gaussian Moment
Thermostat (Liu et al 2000), the coupling constant being 250 fs. NVT simulations were performed
according to the same MD scheme detailed above. Once a first equilibration phase of 1 ns is
achieved, MD simulations go on until they reach the convergence of the surface tension values for
all the temperatures considered.
To calculate the surface tension  𝛾, we employed a thermodynamic route, the Test-Area method
developed by Gloor et al (Gloor et al 2005). In this method, the surface tension is expressed as the
Helmholtz free energy change associated with infinitesimal perturbations of the reference surface
area, in the canonical NVT ensemble:

𝛾=

𝜕𝐹
𝜕𝑆

!"#

= lim −
∆!→!

𝑘𝑇
∆𝑈 !
𝑙𝑛 exp −
𝑘𝑇
2∆𝑆

− 𝑙𝑛 exp −

∆𝑈 !
𝑘𝑇

Eq. (3)

Here 𝑘 is the Boltzmann constant and T is the temperature. ∆𝑈 ! = 𝑈 𝑆 + ∆𝑆 − 𝑈 𝑆 and
∆𝑈 ! = 𝑈 𝑆 − ∆𝑆 − 𝑈 𝑆 are the changes in energy corresponding to an increase/decrease of the
surface from 𝑆 to 𝑆 ± ∆𝑆. The brackets … denote temporal averages and the system surface area
considered is orthogonal to the longest dimension of the MD orthorhombic boxes. Along a MD
trajectory, we estimate ∆𝑈 ! and ∆𝑈 ! each 50 fs with the ∆𝑆/𝑆   ratio set to 5 10-4. The computed
surface tension 𝛾 values are monitored along MD simulations until convergence of the
corresponding temporal averages. We denote hereafter 𝛾!" the latter converged surface tension
values.
Our MD scheme is based on truncating long range LJ interactions. To estimate the contribution to
the surface tension value resulting from this truncation, we assume:
1 - a hyperbolic tangent approximation for the molecular density profile along the simulated box
direction orthogonal to the surface area S;
2 - the atomic densities to be proportional to the molecular ones, i.e. we assume the molecules R1234ze(E) and R-1123 to adopt a random orientation at the liquid-vapor interface, as in the liquid
and vapor phases.
From the above two assumptions we may then estimate the long range correction (LRC) 𝛾!"#   to
surface tension and corresponding to our MD protocol as follows (see for instance Vega et al 2007
for details)

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

462

!

𝛾!"# = 12𝜋𝜀𝜎 ! (ρ! − ρ! )!

!

𝑑𝑠
!

𝑑𝑟 coth
!!

𝑟𝑠
(3𝑠 ! − 𝑠)/𝑟 !
𝑑

Eq. (4)

Here, ρ! and ρ! are the molecular densities in the liquid and the vapor phases, respectively. rc is
the LJ cutoff radius and the parameter 𝜀𝜎 ! obeys
𝜀𝜎 ! =   

1
2

𝜀!" 𝜎!"!
!,!

Eq. (5)

Here the sum runs over all atom pairs (i,j) that may be defined between two molecules. The
surface tension values 𝛾 that may be compared to experiment are thus
𝛾 = 𝛾!" + 𝛾!"#

Eq. (6)

3. RESULTS AND DISCUSSION
We simulated the liquid-vapor systems according to the MD protocol detailed in Section 2.2 for the
set of temperatures: 230, 240, 260, 273.15, 283.15, 290, and 300 K, for R-1123. Regarding R1234ze(E), we considered a larger set of temperatures: 180, 210, 240, 250, 260, 270, 280, 290,
300, 310, and 320 K. Note that the R-1123 and the R-1234ze(E) saturated densities have been
previously studied by Raabe, by means of Monte-Carlo simulations in the temperature range 230330 K for R-1123 and 260-380 K for R-1234ze(E) (Raabe 2016). The results obtained are in very
good agreement with experiment for R-1123 and with experiment and/or REFPROP for R1234ze(E).
3.1 Saturated densities from MD simulations of liquid-vapor systems
From MD simulations we computed the mean molecular density profiles 𝜌 𝑧   along the axis
orthogonal to the liquid-vapor interface (axis denoted hereafter by z, whose origin is set to box
centers). The density profiles are shown in Figure 2 for the two molecules and for all the simulated
temperatures, together with their corresponding fitting hyperbolic tangent functions in the case of
R-1234ze(E). The fitting function form is as follows:
𝜌 𝑧 =

ρ! + ρ! ρ! − ρ!
+
tanh (𝑧 − 𝑧! )/𝑑
2
2

Eq. (7)

Here, ρ! and ρ! are the fitted mean molecular densities for the liquid and vapor phases,
respectively. 𝑧!   is the middle of the liquid-vapor interface (considered as the location of the
interface). d is the interface thickness, that is the distance domain where the molecular density
drops from 95 to 5% of the liquid one. From the R-1123 plots, it appears that all the density profiles
can be nicely interpolated by the above tanh function for the whole set of simulated temperatures.
The saturated densities of the inhomogeneous systems obtained during the MD simulations are
represented in Figure 3 for R-1123 and R-1234ze(E), and compared to reduced data from
experimental surface tension and to REFPROP v10.0 results. For R-1123, molecular simulation
results are in very good agreement with experiment, as well as with REFPROP. For R-1234ze(E),
molecular simulation results match overall both experimental and/or REFPROP estimates.
However, at high temperature (from 300 K), simulation results for the liquid phase are slightly
smaller (at most 3.5% of relative error) than the experimental and the REFPROP ones, while
saturated vapor densities are overestimated by around 30% at most. Together, all of these results
show the saturated densities to be well represented during the molecular simulations of the liquidvapor systems for both R-1123 and R-1234ze(E), and thus that shows the overall accuracy of the
Raabe’s force fields and validates our MD protocol.
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Figure 2: Molecular density profiles in the liquid-vapor systems as a function of the distance along
box z axis for R-1123 (left) and R-1234ze(E) (right). For R-1234ze(E), density profiles are shown
together with their corresponding fitting hyperbolic tangent functions in red thin lines.

Figure 3: Saturated densities for R-1123 and R-1234ze(E) obtained by MD simulations of liquid-vapor
systems, as compared to experiment and to REFPROP calculations.

3.2 Surface tension from MD simulations of liquid-vapor systems
We plotted in Figure 4 the temporal fluctuations of the average of instantaneous surface tension
values, allowing the calculation of surface tension 𝛾!"   computed according Eq. (3) along the MD
simulations of liquid-vapor systems, comprising 686 molecules for the two HFO compounds and
the full set of simulated temperatures. In the particular case of R-1234ze(E), we plotted in Figure 5
the temporal fluctuations for systems comprising 1024 and 2000 molecules but for reduced sets of
temperatures: from 240 to 320 K and from 240 to 300 K, for 1024 and 2000 molecules,
respectively.
Regarding R-1234ze(E), we pushed our MD production runs for 686 molecules systems up to 19
ns. As observed in Figure 4, all the surface tensions are well converged as soon as 7 ns. From the
plots in Figure 5, the R-1234ze(E) surface tensions appear to be also well converged for systems
comprising 1024 and 2000 molecules around 7 ns and regardless of the temperature. Moreover,
the converged surface tensions for these two sizes of systems match those computed for 686
molecules systems within the root mean square deviations  of the surface tension computed along
our 19 ns MD runs: that is about 0.5 mN/m at low temperatures (from 240 to 270 K) to less than
0.1 mN/M for temperatures above 300 K. These values are considered here as the uncertainties
affecting our computed 𝛾!" values, regardless of the compound.
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Figure 4: Temporal fluctuations of the average of instantaneous surface tension values, allowing the
computation of the surface tension 𝜸𝑴𝑫 , for R-1123 (left) and for R-1234ze(E) (right), for systems of
686 molecules.

Figure 5: Temporal fluctuations of the average of instantaneous surface tension values, allowing the
computation of the surface tension 𝜸𝑴𝑫 , for R-1234ze(E) systems comprising 1024 (left) and 2000
(right) molecules.

The surface tensions converge more rapidly for R-1123 compared to R-1234ze(E), regardless of
the temperature. They are all well converged as soon as 4 ns. This is why we performed shorter
simulations for that compound, 8 ns including the 1 ns equilibration period. The faster surface
tension convergence for R-1123 compared to R-1234ze(E) may arise from its less complex
molecular structure that favors faster relaxation times, at least to compute surface tensions within
the 240-320 K temperature domain.
In all, the above results show our data regarding the surface tensions 𝛾!" to be both well
converged at the end of our MD simulations and not sensitive to the size of the liquid-vapor system
simulated. From the liquid and vapor mean molecular densities computed from the density plots
shown in Figure 2, we estimated the long range correction 𝛾!"#   to the surface tension. We checked
here also these data to be insensitive to the size of the simulated systems in the case of R1234ze(E). For temperatures included within 240 and 300 K, the 𝛾!"# values vary at most by 2%
among the different system sizes. That represents at most about 0.05 mN/m, a value that we
consider as negligible. Hence as 𝛾!" values, the 𝛾!"# estimates are also insensitive to the size of
the system simulated and so is the sum 𝛾!" + 𝛾!"# .
3.3 Comparison of surface tensions from MD simulations, experiment and REFPROP data
We plotted in Figure 6 the total MD surface tensions 𝛾!" + 𝛾!"# as functions of the temperature,
together with their experimental and REFPROP counterparts. We may first note that the long range
contributions 𝛾!"# are small but not negligible as they amount from about 8 to 15% of the 𝛾!"
values for R-1123 and from 15 to 25% for R-1234ze(E). The weaker weight of 𝛾!"# for R-1123
arises from the largest cutoff radius used in the simulations for that compound compared to R-
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1234ze(E) (see Section 1.2). Note also that even if the intensity of 𝛾!"# decreases, its weight in the
total surface tension estimates is larger and larger as the temperature increases.

Figure 6: Surface tension for R-1234ze(E) (left) and R-1123 (right) from liquid-vapor system MD
simulations, as compared to experiment and to REFPROP estimates.

Regarding R-1234ze(E), we note a remarkable agreement between MD, REFPROP and
experimental surface tensions for temperatures larger than 260 K. The surface tensions 𝛾!" + 𝛾!"#
differ more largely from their experimental and REFPROP counterparts for R-1123 than for R1234ze(E). R-1123 simulation results are systematically larger than REFPROP ones and
experiment, by at most 35% between 273 and 300 K (difference of at most 2.2 mN/m).
For temperatures larger than 240 K, the MD surface tensions 𝛾!" and their corrections
𝛾!"#   exhibit the same behavior for both R-1234ze(E) and R-1123: they a priori linearly decrease as
the temperature increases (the corresponding linear regression coefficient is larger than 0.99 for
both compounds). That yields thus a total surface tension 𝛾!" + 𝛾!"# predicted by MD simulations
to be a linear decreasing function of the temperature. However, when accounting for data at lower
temperatures, the MD total surface tensions for R-1234ze(E) can be nicely fitted by means of the
following power law function of the temperature T (van der Waals-type equation), as experimental
data,
Eq. (8)
𝛾(T) = 𝛾! × 1 − T/Tc !
Here 𝛾! , Tc and a are three parameters whose values are 72.38 mN/m, 383 K and 1.41 when all
adjusted on simulation results. The obtained value for Tc match the experimental one (382,51 K as
determined in Higashi et al 2010). The latter best numerical value for the power law exponent a
agrees well with its commonly reported values when analyzing experimental data: about 1.3.
However, the prefactor 𝛾! is 28% larger than its experimental-based estimates. That may be tied to
the inaccuracy of the pairwise force field we used for R-1234ze(E) at low temperature, in particular
for the vaporization enthalpy (Raabe 2013).
To conclude, MD simulations by using both force fields for R-1123 and R-1234ze(E) are able to
represent accurately the saturated liquid density, as compared to experiment. However,
concerning surface tension, molecular simulation results match experiment for R-1234ze(E), while
they are larger for R-1123 compared to experimental data. Thus, from our results, accurate
predictions regarding saturated liquid densities isn’t sufficient for a force field to warrant it to
provide reliable predictions for surface tension.

4. CONCLUSIONS
In this work, MD methods used in conjunction with available pairwise force fields are tested to
calculate surface tensions in a wide range of temperature for the single HFO compounds R-1123
and of R-1234ze(E), as well as their liquid densities at saturation. The saturated liquid densities are
well reproduced for the two compounds as compared to available experimental data, regardless of
the temperature. For R-1234ze(E), the computed surface tension values are in very good
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agreement with experiment. However, the computed surface tensions regarding R-1123 are
systematically overestimated, relative to experiment. Nevertheless, we note that the order of
magnitude of the difference in the surface tension values between the two compounds from our
MD simulation agrees both with experiment and REFPROP estimates, regardless of the
temperature. That shows the ability of the present force fields devoted to HFO to be already
accurate enough to provide valuable surface tension data regarding this kind of compounds, data
able to complement non exhaustive experimental databases.
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ABSTRACT
An experimental investigation is performed into the spray cooling heat transfer performance of Al2O3-water
nanofluid given four different degrees of subcooling (0°C, 10°C, 20°C and 30°C). The results show that the
heat transfer coefficient obtained using a subcooling degree of 20°C is around 8.3%, 8.6% and 15.6% higher
than that obtained using subcooling degrees of 10°C, 0°C, and 30°C, respectively. For a heat flux of
q¢¢ = 520 W cm2 ,

the EDS analysis results show that the surfaces of the samples cooled for 10, 20, 30 and 40

hours, respectively, contain 20.58%, 35.51%, 40.08% and 53.25% Al. The SEM images confirm that the
thickness of the deposited layer increases with an increasing spray operating time and leads to a lower heat
transfer performance as a result.
Keywords: spray cooling, nanofluid, subcooling, transient heat transfer

1. INTRODUCTION
With the persistent trend toward device miniaturization in many forms of daily life, including 3C products,
household appliances, automobile systems, and so on, the development of effective heat dissipation methods
has emerged as a major challenge for engineers in recent decades. Choi (1995) showed that the convective
heat transfer performance of traditional working fluids such as water, ethylene glycol and oil can be
significantly improved through the addition of nanoparticles with a size of around 0~100 nm to form so-called
nanofluids. Bang et al. (2005) studied the pool boiling heat transfer performance of Al2O3-water nanofluid on
a level heating surface given an average particle size of 47 nm and particle volume fractions of 0.5 vol%, 1
vol%, 2 vol% and 4 vol%, respectively. The results showed that the heat transfer coefficient reduced due to
the formation of a low-thermal-conductance nano-adsorption layer on the heated surface. However, the CHF
was found to be as much as 32% higher than that for pure water. It was suggested that the enhancement of
the CHF was determined by the thickness of the deposited layer, the density of the generated effective
nucleation sites, and the physical properties of the surface material. Chakraborty et al. (2010) showed that in
the spray cooling of hot steel plates using TiO2-water nanofluid, the heat transfer performance improved with
a decreasing surface tension and an increasing nanofluid viscosity.
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Chang et al. (2014) investigated the heat transfer performance of jet impingement flow boiling using Al2O3water nanofluids with nanoparticle additions of 0.0001 vol%, 0.001 vol% and 0.01 vol%, respectively. The
results showed that the heat transfer performance of all three nanofluids was poorer than that of pure DI
water due to the formation of a nano-adsorption layer with a high thermal resistance on the heated surface.
Chang et al. (2012) examined the effect of the particle volume fraction on the spray heat transfer performance
of Al2O3-water nanofluid and showed that the spray cooling efficiency improved with a reducing particle
concentration due to a lower accumulation of Al nanoparticles on the heated surface. Chang (2015)
performed an experimental investigation into the formation of the nano-adsorption layer during spray cooling
with Al2O3-water nanofluid. It was shown that for a low nanoparticle addition (0.001 vol%), most of the Al
nanoparticles were washed away from the heated surface during the spraying process. However, for higher
nanoparticle concentrations, a nano-adsorption layer was formed, which increased the thermal resistance at
the heated surface and reduced the benefits of the surface roughness in improving the heat transfer
performance.
In the subcooled boiling region, a greater amount of sensible heat can be absorbed by the liquid, and hence
the heat transfer coefficient is improved. However, an excessive degree of subcooling suppresses the growth
of vapor bubbles, and therefore induces single-phase convection heat transfer with a lower heat transfer
efficiency than boiling heat transfer. The present study investigates the spray heat transfer performance of a
0.05 vol% Al2O3-water nanofluid with various degrees of subcooling (0℃, 10℃, 20℃, and 30℃). The results
show that the optimal heat transfer performance is obtained using a subcooling degree of 20℃.

2. EXPERIMENTAL EQUIPMENT
As shown in Fig.1a, the experimental system comprised a nanofluid flow loop, a test section containing a
heating module and a spray nozzle, a cooling water flow loop, a sub-cooler, a pre-heating system, and a data
acquisition system. The details of the experimental setup and data acquisition system are described in the
following sub-sections.
2.1 Main flow loop system
In performing the spray cooling tests, nanofluid was drawn from the storage tank by a pump and flowed into
a preheat tank to be heated to the specified experimental temperature. The mass flow rate of the nanofluid
exiting the preheat tank was adjusted to 0.080 kg/s by means of a bypass valve and the nanofluid was then
flowed to the test section. On entering the test section, the nanofluid was sprayed by a liquid-pressurizing
nozzle such that it impinged on the heated test plate surface. The evaporated vapor was cooled and
condensed in a chiller and then flowed back to the storage tank together with the non-evaporated nanofluid
exiting the test section through an outlet valve fitted in the lower surface.
2.2 Test section
The test section comprised a cylindrical stainless steel vessel with a height of 50 cm, an internal diameter of
25 cm, and a thickness of 1 cm. The test section was fitted with two glass ports to permit visualization of the
spray cooling process. The observation windows were inter-packed with O-rings to prevent leakage of the
working fluids and gases to the environment. Furthermore, to prevent heat loss during the experiments, the
outside of the test section was coated with polyurethane. The temperature and pressure within the test
section were monitored using a resistance thermometer and an electronic pressure gauge, respectively. In
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addition, the upper part of the test section was fitted with a relief valve in order to maintain the chamber at a
safe operating pressure.
2.3 Heating module
As shown in Fig.1b, the heating module comprised three resistance-type electrical-heating tubes, a
rectangular copper heating block, the copper test piece, and a copper cylinder. The module had an overall
diameter and height of 385 mm and 50 mm, respectively. In assembling the heating module, the copper
heating block was placed in a rectangular cavity with dimensions of 210 mm x 50 mm x 20 mm (length x
width x height). The copper cylinder was then screwed into the heating block and coated first with fiberglass
and then with ceramic material to prevent heat loss. The copper test piece was threaded into the top of the
copper cylinder and locked in place by a circular Teflon cap.

(a)

(b)

Fig. 1 The experimental spray cooling system. (a) Photo (b) Schematic illustration of heating module.

2.4 Experimental data reduction
The heat flux (q") at the test plate surface (W/cm2) was calculated as
q¢¢ =

Q
A,

Eq.(1)

where
Q: total heating power of three heaters (W),
A: heat transfer area of test plate (cm2).
The temperature of the test plate surface was derived from the temperature measurements of the
thermocouples located at different distances from the heated surface in accordance with a simple onedimensional thermal conduction assumption, i.e.,
Tw = T2 -

x2
(T2 - T1 )
x2 - x1
,

Eq. (2)

where
x1: distance of first thermocouple from test plate surface (mm),
x2: distance of second thermocouple from test plate surface (mm),
T1: temperature value recorded by first thermocouple (°C),
T2: temperature value recorded by second thermocouple (°C).
The mean heat transfer coefficient at the test plate surface was then calculated as
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h=

q' '
Tw - Tsat ,

Eq. (3)

where
Tsat: saturation temperature (°C).

3. RESULTS AND DISCUSSIONS
3.1 Effect of subcooling degree on spray cooling heat transfer performance
Fig. 2 shows the variation of the spray cooling heat transfer coefficient with the surface heat flux as a function
of the subcooling degree (i.e., 0°C (saturated nanofluid), 10°C, 20°C and 30°C). As expected, the heat
transfer coefficient increases with an increasing surface heat flux for all degrees of subcooling. For
q¢¢ £ 200 W cm2 , the heat transfer efficiency is insensitive to the degree of subcooling. However, at higher

values of the heat flux, the nanofluid with 20°C subcooling yields the best heat transfer performance, followed
by the nanofluids with 10°C, 0°C, and 30°C subcooling, respectively. On average, the heat transfer coefficient
obtained using the nanofluid with 20°C subcooling is around 8.3%, 8.6% and 15.6% higher than that obtained
using the nanofluids with 10°C, 0°C, and 30°C subcooling, respectively. Furthermore, the heat transfer
coefficient obtained using a nanofluid with 30°C subcooling is around 7% lower than that obtained using
saturated nanofluid (i.e., 0°C subcooling). In other words, while 20°C subcooling is beneficial in enhancing
the spray heat transfer performance, a greater degree of subcooling worsens the heat transfer performance.
For a higher degree of subcooling, the sprayed liquid droplets can theoretically absorb more heat before
impacting the heated surface (thereby enhancing the heat transfer performance). However, in the present
study, the droplets are sprayed with a high speed, and hence experience only a short flying time before
impact. Consequently, given a very high degree of subcooling (i.e., 30°C in the present case), insufficient
time exists for the droplets to reach the saturation temperature before they impact the surface. As a result,
the boiling effect is reduced and hence the heat transfer performance also reduces.
3.2 Effect of spray operating time on spray cooling heat transfer performance
Fig. 3(a), 3(b) and 3(c) show the variation of the heat transfer coefficient with the heat flux of the heated
surface as a function of the spray operating time given subcooling degrees of 30°C 20°C and 10°C
respectively. It is seen that for all subcooling degrees, the spray operating time has a negligible effect on the
heat transfer performance given a low surface heat flux of q¢¢ £ 200 W

cm2 .

For

q¢¢ > 200 W cm2 ,

the heat transfer

coefficient decreases with an increasing spray operating time. In other words, the results suggest that
q¢¢ = 200 W cm2

represents a threshold value above which the effects of spray operating time should be taken

into consideration.When performing spray cooling using nanofluids, some of the particles adhere to the
heated surface and form an irregular nano-adsorption layer, which increases the thermal resistance of the
heated surface and decreases the heat transfer coefficient accordingly. The present results suggest that
when spray cooling is performed using a lower surface heat flux, only a few nanoparticles adhere to the
heated surface, and of those few particles which do adhere, most are subsequently washed away by the
newly-arriving droplets. In other words, despite a longer spray operating time, the thickness of the nanoadsorption layer does not increase, and hence the heat transfer performance remains approximately
constant. However, given a higher surface heat flux, a greater number of nanoparticles adhere to the heated
surface, and are not fully removed by the subsequently-arriving droplets. Consequently, the thickness of the
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nano-adsorption layer increases as the spray cooling process proceeds, and hence the heat transfer
performance reduces.
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Fig. 2 Effects of subcooling degree on nanofluid spray cooling heat transfer performance.
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Fig. 3 Effect of spray cooling operating time on nanofluid heat transfer performance given subcooling degree
of (a)30°C; (b) 20°C; (c) 10°C.

4. CONCLUSIONS
Previous studies have shown that when performing spray cooling using nanofluids, the nanoparticles form
an irregular-shaped nano-adsorption layer on the heated surface, which increases the thermal resistance
and reduces the heat transfer efficiency. However, these studies have not examined the effects of the
subcooling degree and spray operating time on the formation of this nano-adsorption layer. Accordingly, the
present study has performed spray cooling experiments using 0.05 vol% Al2O3-water nanofluid given four
different degrees of subcooling (0°C, 10°C, 20°C and 30°C). The experimental results and observations
support the following main conclusions.
1. In spray cooling with subcooling degrees of 10°C and 20°C, the liquid drops absorb sensible heat before
impacting the heated surface, and hence the heat transfer performance is enhanced. However, given a
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

472

higher degree of subcooling, i.e., 30°C, the liquid droplets cannot reach the saturation temperature
during their short flight time, and hence the boiling effect at the heated surface is reduced. Consequently,
the heat transfer performance is also reduced. Overall, the present results suggest that a subcooling
degree of 20°C yields the best heat transfer performance for the current nanofluid and heating
conditions.
2.

For a heat flux of
performance. For

q¢¢ £ 200 W cm2 ,

q¢¢ > 200 W cm2 ,

the spray operating time has a negligible effect on the heat transfer

the heat transfer coefficient decreases with an increasing spray operating

time. In other words, the results suggest that

q¢¢ = 200 W cm2

represents a threshold value above which the

effects of spray operation time should be taken into consideration.
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ABSTRACT
A new refrigerant, R-1234ze(E) has emerged to substitute hydrofluorocarbon (HFC) refrigerants,
such as R-134a, owing to high global warming potential (GWP). The condensation heat transfer
characteristics of R-1234ze(E) have been investigated mainly in plate heat exchangers and
horizontal tubes. However, the evaporation heat transfer characteristics of R-1234ze(E) in shell and
plate heat exchangers are very limited in the literature. The objective of this study is to investigate
the evaporation heat transfer and pressure drop characteristics of R-1234ze(E) in a shell and plate
heat exchanger. The evaporation heat transfer characteristics of R-1234ze(E) are measured and
analyzed in the shell and plate heat exchanger with the fixed saturation temperature of 15 ºC by
varying the mass flux, heat flux, and vapor quality. Moreover, empirical correlations for the
evaporation heat transfer coefficient and friction factor of R-1234ze(E) in the shell and plate heat
exchanger are developed based on the measured data.
Keywords: Evaporation, Heat Transfer Coefficient, Low GWP, Pressure Drop, R-1234ze(E),
Correlation.

1. INTRODUCTION
Based on F-gas regulation, HFC refrigerants with high global warming potential (GWP), such as R134a and R-410A, are to be prohibited (UN (1998)). As an alternative to R-134a, R-1234ze(E) with
low GWP has been studied extensively. In previous studies, R-1234ze (E) mixtures were used to
reduce GWP below 150 and to improve the condensation heat transfer coefficient. Koyama et al.
(2010) conducted an experiment on the cooling capacity of a mixture of R-1234ze(E) and R-410A.
Mota-Babiloni et al. (2016) reviewed the literatures on R-1234ze(E) mixtures. Hossain et al. (2012)
measured the condensation heat transfer and pressure drop in a horizontal smooth tube. Liu et al.
(2016) also performed experiments and compared experimental results with the correlations for mini
channels. Longo et al. (2014) measured the condensation heat transfer and pressure drop in the
brazed plate heat exchanger. Moreover, Diani et al. (2016) measured the evaporation heat transfer
coefficient and friction factor of R-1234ze(E) in a horizontal microfin tube. Grauso et al. (2013)
compared the heat transfer coefficient and frictional pressure drop of R-1234ze(E) measured in a
horizontal circular smooth tube with those of R-134a using a flow pattern map. In addition, Kim et al.
(2005, 2007) measured the heat transfer coefficient of R-410A in a shell and plate heat exchanger
and developed the correlation.
A shell and plate heat exchanger has a shell structure, which is different from conventional heat
exchangers. Therefore, the shell and plate heat exchanger is advantageous at more extreme
temperatures and pressures. It also has a chevron type plate, similar to the plate used in a plate heat
exchanger, which is compact and has excellent heat transfer performance (Park and Kim, 2004).
The objective of this study is to investigate the evaporation heat transfer characteristics of R1234ze(E) in a shell and plate heat exchanger. The evaporation heat transfer characteristics of R1234ze(E) are measured and analyzed in the shell and plate heat exchanger with the fixed saturation
temperature by varying the mass flux, heat flux, and vapor quality. Furthermore, empirical
correlations for the evaporation heat transfer characteristics of R-1234ze(E) in the shell and plate
heat exchanger are developed based on the measured data.
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2. EXPERIMENTAL METHOD
The heat transfer characteristics of R-1234ze(E) were measured in the shell and plate heat
exchanger. Table 1 lists the range of the operating conditions for the experiments. The temperature
and pressure of the refrigerant and water were measured with thermocouples and pressure
transducers, respectively, at the inlet and outlet of the shell and plate heat exchanger. The saturation
temperature of R-1234ze(E) was kept at a constant value of 15 ºC, while varying the mass flux (G),
heat flux (Q), and vapor quality (x). The mass flux of the refrigerant was varied from 30–40 kg-m -2s1
. The inlet vapor quality of the refrigerant was varied from 0.1 to 0.75 for each mass flux and heat
flux. The heat flux was varied from 0.84–1.05 kW. The exit vapor quality of the refrigerant was
calculated from the measured data. After all the processes, the heat transfer coefficient and friction
factor were obtained based on the experimental data.
Table 1. Experiment conditions.

Mean vapor
quality
0.18–0.85

Operating
variables
Condition

Mass flux
(kg m -2 s-1)
30–40

Heat flux
(kW m -2)
0.84–1.05

Saturation
temperature (ºC)
15

3. RESULTS AND DISCUSSION
3.1.

Heat transfer coefficient

Fig. 1 shows the heat transfer coefficient of R-1234ze(E) in the shell and plate heat exchanger as a
function of the mean vapor quality. The heat transfer coefficient increased with increasing mean
vapor quality and peaked at the vapor quality of 0.6. This was because the refrigerant distribution in
the shell and plate heat exchanger was improved as the mean vapor quality increased. In addition,
the heat transfer coefficient at the heat flux of 1.05 kW was higher than that at 0.84 kW. This was
owing to the decrease in the average viscosity of the liquid and vapor as the vapor quality and heat
flux increased. The larger the mass flux, the greater the heat transfer coefficient. The reason for the
improved heat transfer coefficient was owing to the increase in the turbulence of the refrigerant along
with the increase in the mass flux. At the mean vapor quality above 0.7, the heat transfer coefficient
decreased rapidly owing to dryout.

Heat transfer coefficient,hr (kWm-2K-1)
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Mean vapor quality,xm(-)

Figure 1: Heat transfer coefficient as a function of vapor quality

3.2.

Friction factor

Fig. 2 illustrates the friction factor of R-1234ze(E) in the shell and plate heat exchanger as a function
of the mean vapor quality. The friction factor decreased steadily as the mean vapor quality increased.
This was owing to the increase in the frictional pressure drop with the increase in the vapor quality
by shear stress between liquid film and vapor. The mass flux had a significant effect on the shear
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stress caused by the difference in the velocity between liquid film and vapor. Because the heat flux
changed thermal properties, such as viscosity, at only low vapor quality less than 0.3, the friction
factor increased as the heat flux decreased. At the vapor quality above 0.3, the friction factor was
less sensitive to the heat flux as compared to the mass flux. The heat flux and mass flux had less
influence on the friction factor with increasing the vapor quality. The friction factor decreased as the
mean vapor quality, mass flux, and heat flux increased.
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Figure 2: Friction factor as a function of vapor quality

3.3.

Correlations

New correlations for the heat transfer coefficient and friction factor of R-1234ze(E) in the shell and
plate heat exchanger were developed. As given in Eq. (1), the correlation for the evaporation heat
transfer coefficient was developed based on the measured data.

hr = 2926(k / D) Reeq 0.5836 Re fo −0.4241 Boeq 0.5581x0.1127

Eq. (1)

Reeq = G[(1 − xm ) + xm ( l / v )0.5 ]D / l

Eq. (2)

where

Re fo = G(1- xm )D / l
Boeq = Q / A / Geq / (iv − il )

Eq. (3)
Eq. (4)

Reeq is the equivalent Reynolds number, Refo denotes liquid only Reynolds number, and Boeq
indicates the equivalent boiling number.
Fig. 3 shows the comparison of the predicted heat transfer coefficient using Eq. (1) with the
measured data. The predictions of the heat transfer coefficient correlation were consistent with the
measured data within the deviations of ±15%.
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Figure 3: Comparison of correlation of heat transfer coefficient with experimental data.

As given in Eq. (5), the friction factor was developed as a function of the equivalent Reynolds number
based on the measured data.

ftp = 4861Reeq −1.102

Eq. (5)

Fig. 4 illustrates the comparison of the predicted friction factor with the measured data. The predicted
friction factors were consistent with the measured data within the deviations of ±10%.
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Figure 4: Comparison of correlation of friction factor with experimental data.

4. CONCLUSIONS
In this study, the evaporation heat transfer and pressure drop characteristics of R-1234ze(E) in a
shell and plate heat exchanger were investigated as a function of the mass flux, heat flux, and vapor
quality. The heat transfer coefficient tended to increase as the vapor quality increased, while the
heat transfer coefficient decreased drastically at the vapor quality higher than 0.7 owing to dryout.
The friction factor decreased with increasing the vapor quality. In addition, the effect of the mass flux
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and heat flux on the friction factor decreased with increasing the vapor quality. The developed
correlations for the heat transfer coefficient and friction factor pressure drop showed the consistent
results within the deviations of ±15% and ±10%, respectively, as compared with the measured data.
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NOMENCLATURE
G
mass flux (kg m -2 s-1)
x
vapor quality(-)
h
heat transfer coefficient (kW m-2 K-1)
D
diameter (m)
Bo
boiling number(-)
enthalpy (kJ kg-1)
i
viscosity (N m s-2)
μ
Subscripts
m
mean
eq
equivalent
l
liquid

Q
k
Re
f
A
ρ

heat flux (kW)
thermal conductivity (kW m -1 K-1)
Reynolds number(-)
friction factor(-)
heat transfer area (m -2)
density (kg m-3)

r
tp
fo
v

refrigerant
two phase
only liquid phase
vapor

REFERENCES
Adrián Mota-Babiloni, Joaquín Navarro-Esbrí, Francisco Molés, Ángel Barragán Cervera, Bernardo
Peris, Gumersindo Verdú, 2016, A review of refrigerant R1234ze(E) recent investigations,
Applied Thermal Engineering, Vol. 95, pp 211–222.
Andrea Diani, Simone Mancin, Alberto Cavallini, Luisa Rossetto, 2016, Experimental investigation
of R1234ze(E) flow boiling inside a 2.4 mm ID horizontal microfin tube, International Journal of
Refrigeration, Vol. 69, pp 272–284.
Giovanni A. Longo, Claudio Zilio, Giulia Righetti, J. Steven Brown, 2014, Condensation of the low
GWP refrigerant HFO1234ze(E) inside a Brazed Plate Heat Exchanger, International Journal
of Refrigeration, Vol. 38, pp 250–259.
In-Kwan Kim, Jae-Hong Park, Yong-Ha Kwon, Young-Soo Kim, 2007, Experimental Study on R410a Evaporation Heat Transfer Characteristics in Oblong Shell and Plate Heat Exchanger,
Heat Transfer Engineering, Vol. 28, pp 633–639.
In-Kwan Kim, Young-Soo Kim, Jae-Hong Park, 2005, Experimental Study on R-410A Evaporation
Heat Transfer Characteristics in Shell and Plate Heat Exchanger, Journal of the Korean
Society of Marine Engineering, Vol. 1, pp 49–59.
Jae-Hong Park, Young-Soo Kim, 2004, Evaporation heat transfer and pressure drop characteristics
of r-134a in the oblong shell and plate heat exchanger, KSME International Journal, Vol. 18,
Issue 12, pp 2284–2293.
Md. Anowar Hossain, Yoji Onaka, Akio Miyara, 2012, Experimental study on condensation heat
transfer and pressure drop in horizontal smooth tube for R1234ze(E), R32 and R410A,
International Journal of Refrigeration, Vol. 35, Issue 4, pp 927–938.
Na Liu, Hang Xiao, Junming Li, 2016, Experimental investigation of condensation heat transfer and
pressure drop of propane, R1234ze(E) and R22 in minichannels, Applied Thermal
Engineering, Vol. 102, pp 63–72.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

478

Shigeru Koyama, Nobuo Takata, Sho Fukuda, 2010, Drop-in Experiments on Heat Pump Cycle
Using HFO-1234ze(E) and Its Mixtures with HFC-32, International Refrigeration and Air
conditioning Conference, 1155.
S. Grauso, R. Mastrullo, A.W. Mauro, J.R. Thome, G.P. Vanoli, 2013, Flow pattern map heat transfer
and pressure drops during evaporation of R1234ze(E) and R134a in a horizontal circular
smooth tube: Experiments and assessment of predictive methods, International Journal of
Refrigeration, Vol. 36, pp 478–491.
United Nations, 1998, Kyoto Protocol to the United Nations Framework Convention on Climate
Change.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

479

Manuscript ID: 67
DOI: 10.18462/iir.icr.2019.0067

Numerical benchmark for air vortex tube flows using a 25-1
resolution V fractional factorial design
Junior LAGRANDEUR(a), Sergio CROQUER(a), Sébastien PONCET(a),
Mikhail SORIN(a)
(a)

Mechanical Engineering Department, Université de Sherbrooke
Sherbrooke (Québec) J1K 2R1, Canada,
Junior.Lagrandeur@USherbrooke.ca

ABSTRACT
Computational fluid dynamics models are commonly used to investigate the local fluid flow and heat
transfer features inside vortex tubes. For design purpose, extensive calculations are required to
optimize the vortex tube and a trade-off must be found between accuracy and computational efforts.
A 25-1 resolution IV design is used here with a 2D axisymmetric model of the experiments of Camiré
(1995) to evaluate the influence of different modelling parameters on the prediction of the cold mass
fraction, the cold outlet temperature and the localization of the stagnation point. This study
demonstrates that the k-w SST turbulence model predicts the cold mass fraction with great accuracy
while the standard k-e model is associated with a significant error. The k-w SST is used to determine
the localization of the stagnation point. This point moves downstream as the cold mass fraction and
inlet pressure increase and is affected by the mesh refinement.
Keywords: vortex tube, CFD, factorial design, turbulence, air, physical properties.

1. INTRODUCTION
Georges J. Ranque (1933) invented the vortex tube more than 80 years ago. Even so, the
temperature separation mechanism inside the device is still a mystery. Various hypotheses for this
effect, often contradicting each other, have been proposed. These have been reviewed by Xue et al.
(2010), Devade and Pise (2018) and Lagrandeur et al. (2019a). However, none of these explanations
has a broad consensus across the scientific community. The lack of a model to understand and
design vortex tubes is believed to be the main factor slowing down the development of this
technology (Zhang et al., 2016).
Computational fluid dynamics (CFD) could provide a better understanding of the working mechanism
inside vortex tubes. However, the flow through the vortex tube presents many challenges for
numerical modelling: compressibility, heat transfer, high levels of turbulence and swirl. Thakare et
al. (2015) and Karthikeya Sharma et al. (2017) provided a recent review of CFD simulations of vortex
tubes. To the best of the authors’ knowledge, the majority of CFD studies are validated using merely
one global quantity: the outlet temperature. One exception is the work from Morsbach et al. (2015),
who compared the interior velocity profile obtained from filtered Rayleigh scattering with CFD
simulation using the k-w SST and Reynolds stress model (RSM) turbulence models.
With complex flow features like the ones found in vortex tubes, the simulation’s hypotheses could
have a great impact on its results. Some authors used high precision models like LES (Rafiee and
Sadeghiazad, 2016). However, this approach requires very large computation times and is not
practical for design purposes. In a recent review, Karthikeya Sharma et al. (2017) indicated that
many authors identify the standard k-e turbulence model as the most suitable to predict T0c. This is
surprising since isotropic turbulence models like the standard k-e model are not well adapted to
swirling flows. In this regard, the RSM approach would be a better choice. However, RSM did not
perform well for pipe flows (Steenbergen, 1995). Furthermore, it is hard to obtain a converged steady
state solution in vortex tubes with differential RSM (Morsbach et al., 2015).
There is a need to determine how well Reynolds average Navier-Stokes (RANS) turbulence models
could predict parameters other than the outlets’ temperature in vortex tubes. In this work, a 2D
axisymmetric model of the experiments of Camiré (1995) is used to benchmark two baseline RANS
turbulence models: the standard k-e and k-w-SST. Also, two other simulation parameters are
investigated: variable physical properties and mesh refinement near the wall. To the best of our
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knowledge, it is the first time a low Reynolds approach is used to simulated vortex tube. The impact
of using fixed physical properties on outlets’ temperatures has been evaluated by Ouadha et al.
(2013). They concluded that using variable properties improves slightly the prediction of the cold
outlet temperature and modifies the flow profile inside the tube.
In addition to the cold outlet total temperature (T0c), this benchmark will show the effect of these
simulation parameters on the cold mass fraction (µc) and on the localization of the stagnation point
(Lstag). Results are compared with the experiments of Camiré (1995) for two values of P0in and µc.
To investigate all possible combinations of operational (2) and simulation (3) parameters, 32
simulations are necessary. However, this number is reduced using fractional factorial experiments.
As described by Montgomery (2005), fractional factorial experiment allows the investigation of
multiple parameters and their low-order interactions with a minimal number of simulations.

2. FRACTIONAL FACTORIAL DESIGN
This work will identify the impact on µc, T0c, and Lstag of three simulation parameters: turbulence
model, variable physical properties and near wall mesh refinement. It is believed that these
simulation parameters could have a different effect depending on P0in and µc, the two most important
operational parameters for vortex tubes (Lagrandeur et al., 2019b).
fractional factorial design is used. In
To make sure potential interactions could be identified, a 2#$%
"
a resolution V design, there is no main effect or two-factor interaction aliases with each other
(Montgomery, 2005). Since low order interactions are most probable, this design will be used to
evaluate the impact of the three simulation parameters for two different inlet pressures and two
different cold mass fractions with only 16 simulations.
Table 1 details experimental results for the four different conditions studied in this work. These
values were chosen because these cold mass fractions correspond approximately to the lower cold
outlet temperature (0.4) and maximum cooling power (0.7) in the experiments.
Pt
1
2
3
4

P0in
(bar)
1.689
1.689
3.080
3.080

Table 1: Experimental data used to validate the CFD model

Nominal Measured
µc
µc
0.4
0.409
0.7
0.726
0.4
0.389
0.7
0.696

Pc
(bar)
1.065
1.145
1.170
1.461

T0c
(K)
285.26
287.68
268.57
276.15

Ph
(bar)
1.120
1.225
1.372
1.731

T0in
(K)
295.13
295.22
294.22
294.53

ṁin
(g s-1)
5.92
5.63
11.87
11.3

Further in the text when the effect of each factor and their interaction are discussed, this
nomenclature will be used:
• A is the used turbulence model (standard k-e or k-w SST);
• B is the inlet pressure (1.7 or 3.08 bar);
• C is the nominal cold mass fraction (0.4 or 0.7);
• D is the mesh refinement (coarse or fine);
• E is for physical properties (fixed or variable);
The generator for this factorial design is ABCDE.

3. CFD MODEL
3.1.

Geometrical model

The geometry and operational conditions for this study are based on the experiments of Camiré
(1995). Table 2 shows the main dimensions of the modelled vortex tube.
rvt
12.7 mm

Table 2: Main dimensions of the vortex tube.

L
693 mm

rc
8.3 mm

Lc
50.8 mm

Ln
2.54 mm
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Figure 1: 2D axisymmetric model of the vortex tube of Camiré (1995)

This vortex tube is modelled using a 2D axisymmetric model as shown in Figure 1. 2D simulations
have been successfully applied by many authors to model vortex tubes. Some recent examples are
the works of Thakare and Parekh (2017), Bazgir and Nabhani (2018) and Dyck and Stratmaan
(2018). However, all these studies are limited to the vortex tube itself and neglect the flow in the cold
tube. An original feature in this work is the inclusion of part of the cold tube length in the
computational domain. The additional length corresponds to the distance between the cold outlet
pressure sensor and the cold outlet of the vortex tube in the experimental setup.
Another interesting feature of this model is the inclusion of a detwister near the hot outlet. In the
experiments, this is a T-shaped device built from aluminum and inserted inside the tube to stop the
rotation before the hot outlet. In the 2D model, this feature is modelled like a rod of 0.8 mm of radius
located on the axis. If swirl is small at this point in the tube, this model will be appropriate.
3.2.

Governing Equations and Flow Solver

The RANS simulations were carried out using the density based implicit solver of ANSYS Fluent
R18.0. All calculations are done assuming steady state flow regimes. Spatial discretization of all flow
and turbulence properties is done using the third-order MUSCL scheme with the gradients calculated
using the least square cell-based approach.
Fluid density is computed with the ideal gas law. Specific heat (Cp), thermal conductivity (kt) and
dynamic viscosity (µ) were constant or variable depending on the simulated case. When constant
flow properties are used, Cp=1.00643 kJ kg-1 K-1, kt=0.0242 kg m-1 s-1 and µ=1.79x10-5 kg m-1 s-1.
When variable properties are used, µ is computed using the Sutherland’s law (White, 2005) and Cp
and kt are evaluated using the polynomial curve fitting equations developed by Ouadha et al. (2013).
Two two-equation turbulence models were considered in this work, the standard k-e and the k-w SST
model. The standard k-e model is the most popular model in vortex tube studies (Karthikeya Sharma
et al., 2017). The k-w SST model uses a blending function between k-e far from the walls and k-w
near the walls (Menter, 1994). For both models, a production limiter has been enabled. Thus, the
k-w SST has a built-in wall treatment and no wall function is necessary in this case. For the standard
k-e model, a scalable wall function is used for the coarser mesh and a Menter-Lencher approach for
the finer mesh (low-Reynolds number resolution).
3.3.

Boundary Conditions

This work uses an original approach to define boundary conditions. First of all, the radial inlet is
defined with a fixed velocity instead of using a fixed P0in (Thakare and Parekh, 2017; Bazgir and
Nabhani, 2018) or fixed ṁin (Dyck and Stratmaan, 2018). Initial conditions for swirl and density are
obtained with the analytic model presented by Lagrandeur et al. (2019b). After the first calculation,
both radial and swirl components of the velocity are adjusted iteratively to match the experimental
P0in and ṁin values. This approach has the following advantages:
• No backflow occurs at the inlets during the initial stages of the simulation;
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P0in and ṁin are adjusted almost independently by adjusting the associated velocity
components without the need to define the inlet flow angle.
At the outlet, pressure is prescribed. However, instead of using a uniform pressure for the whole
boundary, a radial pressure equilibrium is used. Pc is defined at the boundary centre in Fluent but it
was measured at the wall in the experiments of Camiré (1995). An iterative process is needed to
determine the value matching measured and calculated Pc at the wall. It is expected that this
boundary condition will be more representative of the swirling flow in the cold tube and will better
represent recirculation zones identified by Bin Yusof et al. (2015).
Backflow direction from outlets is defined according to the flow direction of the adjacent cells,
including swirl. Backflow temperature is set to the experimental measured outlet temperature. As a
consequence, the cold outlet temperature is not representative when significant backflow occurs.
Finally, all walls are considered adiabatic. In the experiments of Camiré (1995), the vortex tube is
made of glass, the detwister of aluminum and the cold tube of brass. As found in White (2003), glass
is considered smooth, but a roughness height of 2 μm is considered for the detwister and the cold
tube surfaces. The only exception is when the Menter-Lencher near-wall treatment is used with the
standard k-e model. In this case, all walls are modelled as smooth walls.
•

3.4.

Meshing

Through the vortex tube, flow variations are expected to be far more important in the radial direction
than in the axial direction. Thus, it is advantageous to have cells’ boundary perpendicular to the
radial direction. As a consequence, the mesh is built using structured rectangular cells elongated in
the axial direction, which allows to reduce the total number of cells compared with unstructured
triangular meshes.
In this work, two structured grids are built using ICEM v 18.0: one coarsest and one fine achieving a
low-Reynolds resolution. The coarsest mesh was built following a grid independence study using
condition 4 in Table 1, variable physical properties and the k-w SST turbulence model. In this study,
the number of mesh cells is changed, but the height of the first cell on the vortex tube wall remains
unchanged at 0.1 mm. Results of this study are shown in Table 3.
Table 3: Results of the mesh independence study for the coarsest mesh

Number of cells
14 617
23 364
42 708
76 307
109 605

T0c (K)
281.2
281.16
281.34
281.41
281.41

µc
0.624
0.621
0.625
0.626
0.626

After slight adjustment, the chosen mesh has 45664 quadrilateral cells. Prediction with this mesh is
sufficiently close to the asymptotic value and it is a sufficiently fine to model inlets and outlets. For
the case chosen for the mesh validation, y+<28 everywhere, falling below 1 at some points. A y+
insensitive wall treatment is required.
The finer mesh achieves a low-Reynolds number resolution at the wall of the vortex tube. This mesh
includes 637 551 quadrilateral cells. With a mesh height of 0.0043 mm on the vortex tube wall, y+<5
everywhere. To get appropriate aspect ratio for all mesh elements, the resulting meshing is finer
everywhere in the calculation domain.

4. RESULTS AND DISCUSSION
4.1.

General Presentation of Results

Table 4 shows the numerical results for all simulations. It is already visible from these values that
the k-w SST turbulence model is able to accurately predict µc in most cases.
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Table 4: Numerical results of all simulations in standard order

#

Turb. model

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST
Standard k-e
k-w SST

4.2.

P0in
(bar)
1,7
1,7
3,08
3,08
1,7
1,7
3,08
3,08
1,7
1,7
3,08
3,08
1,7
1,7
3,08
3,08

µc

Mesh

Prop
.

T0c CFD
(K)

0,4
0,4
0,4
0,4
0,7
0,7
0,7
0,7
0,4
0,4
0,4
0,4
0,7
0,7
0,7
0,7

Fine
Fine
Fine
Fine
Fine
Fine
Fine
Fine
Coarse
Coarse
Coarse
Coarse
Coarse
Coarse
Coarse
Coarse

var.
fixed
fixed
var.
fixed
var.
var.
fixed
fixed
var.
var.
fixed
var.
fixed
fixed
var.

282.1
283.4
270.8
277.1
286.5
290.2
277.3
285.4
285.7
286.0
274.7
278.8
288.8
292.0
283.2
288.4

µc

CFD
0.09
0.07
0.16
0.38
0.44
0.65
0.49
0.70
0.14
0.18
0.28
0.39
0.51
0.71
0.57
0.75

Lstag
(mm)
362
422
364
481
461
693
503
693
288
382
332
454
398
549
431
693

Dµc

DT0c

-0.32
-0.34
-0.23
-0.01
-0.29
-0.08
-0.20
0.01
-0.27
-0.23
-0.11
-0.00
-0.21
-0.01
-0.13
0.05

-3.3
-2.0
1.8
8.2
-1.6
2.1
0.4
8.5
0.3
0.6
5.7
9.9
0.8
3.9
6.3
11.5

(K)

Influence of the Simulation Parameters on the Cold Mass Fraction

Using a power transform of 1.59 (determined from a Box-Cox's plot), an analysis of variance
(ANOVA) of Dµc identifies a lot of significant factors. In order, these are: A, B, C, D, AC, AB, BC, DE,
CE and E (see section 2 for the definitions).
As shown in Figure 2, the k-w SST is always better than the standard k-e, which always underpredicts
µc. For all cases, except for P0in=1.7 and µc=0.4, the error is almost zero. For this specific case, both
standard k-e and k-w SST models greatly underpredicts µc. This behaviour may be explained by the
significant backflow occurring through the cold outlet at this specific condition as shown in Figure 3.
For the last two parameters, using a coarser mesh and variable physical properties slightly improve
the prediction. For the physical properties, the results are straightforward (see Figure 4). However,
the µc prediction was expected to be better using the finer mesh. However, the difference is small,
so both meshes are appropriated for the µc prediction.

Figure 2: Influence of the turbulence model on Dµc for nominal µc=0.4 (left) and µc=0.7
(right). The black line is for P0in=1.7 bar and the red line is for P0in=3.08 bar. Fine mesh
and variable properties are used in this figure.
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Figure 3: Axial velocity contours using the k-w SST for fixed physical properties, a fine mesh,
P0in=1.7 bar and µc=0.4. All areas in red show zones of positive axial velocity.

One possible explanation for the negative impact of the finer mesh is that this effect is aliases with
a significant three-factor interaction. In this case, we know that the prediction of this model degrade
for a specific combination of B and C. In consequence, BC is an important parameters for the case
chosen. Since A is the parameter with the most influence on the results and because both AB and
AC are identified as significant parameters, it is probable that ABC is significant too. However, ABC
is aliased with DE in this design. A partial fold over, adding eight simulations with the coarse mesh
only, could separate these two factors.
4.3.

Influence of the Simulation Parameters on the Cold Outlet Temperature

The error on the cold temperature prediction is analyzed with ANOVA without any transformation.
Factors influencing significantly the error are B, A, D and AB. Almost all simulations overpredict T0c.
The prediction of T0c is improved by using the finest low-Reynolds number mesh.
The standard k-e model provides T0c closer to the experimental results at high pressure and for all
simulations with the coarsest mesh. However, using the k-w SST is preferable because µc is wrong
while using the standard k-e. Since T0c reduces with µc, the standard k-e cannot be used with
confidence. One may correct µc by changing the outlets pressure. However, Lagrandeur et al.
(2019b) demonstrated that T0c depends mainly on the pressure ratio between inlets and the cold
outlet. As a consequence, the improved results may not have a real significance if the wrong value
for Pc is used.
4.4.

Localization of the Stagnation Point

The ANOVA analysis with a natural logarithm transformation shows that the stagnation point moved
with C, A, D, B, AC and BD. In general, Lstag increases with increasing P0in (B) and µc (C). Lstag is
higher when the k-w SST model is used, which could be explained in part because it predicts higher
µc for the same initial conditions. Lstag increases while using the low-Reynolds number mesh.
One surprising fact here comes from the inlet pressure. It was expected that the stagnation point will
be strongly influenced by P0in. However, it appears that the effect of pressure is rather small. It is
even more visible when the finer mesh is used as shown in Figure 5.

Figure 4: Influence of nominal µc on Dµc for fixed (red) and variable (green) physical properties using
a fine mesh and the k-w SST model. P0in=1.7 bar (left) and P0in=3.08 bar (right)
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Figure 5: Effect of P0in (in bar) on Lstag for coarse mesh (green) and fine mesh (red) using the k-w SST
for µc=0.4 (left) and µc=0.7 (right).

5. CONCLUSIONS
A benchmark study of two turbulence models against µc and T0c with the experimental results of
fractional factorial design, this work evaluated the
Camiré (1995) has been carried out. Using a 2#$%
"
impact of mesh refinement and variable physical properties for two different P0in and two different
nominal µc.
Results showed that the k-w SST accurately predicts µc for most conditions. One exception is noticed
for low P0in and low nominal µc where significant backflow occurs from the cold outlet. Except for this
case, the k-w SST underpredicts the temperature separation effect. The standard k-e model better
predicts T0c. Since T0c is proportional to µc, the improvement on T0c is related to the error on µc.
Using variable physical properties improves the accuracy of µc prediction, but has no significant
effect on T0c. Mesh refinement improved the prediction of T0c, but it has a slight negative effect on µc
prediction. This effect may be aliased with a significant three-factor interaction. A partial fold over of
this design may solve this problem.
Finally, CFD simulations predicted the localization of the stagnation point inside the tube. The
stagnation point moves downstream as µc and P0in increase. Additionally, the prediction of Lstag is
affected by the mesh refinement. In future work, one will needs to determine if Lstag changes because
of the low-Reynolds resolution near the wall or from the improved mesh resolution near the axis.
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NOMENCLATURE
Cp
k
kt
L
Lc
Ln
Lstag
ṁin
Pc
Ph
P0in
rc

spec. heat, const. pressure (kJ kg-1 K-1)
turbulent kinetic energy (m2 s-2)
thermal conductivity (kg m-1 s-1)
vortex tube length (mm)
cold tube length (mm)
nozzles’ width (mm)
localization of stagnation point (m)
total inlet mass flowrate (kg s-1)
static pressure at the cold outlet (bar)
static pressure at the hot outlet (bar)
total pressure at the inlet (bar)
radius of the cold outlet (mm)

rh
rvt
T0c
T0in
y+
DTc

Dµc
e

µ
µc
w

hot outlet inner radius (mm)
radius of the vortex tube (mm)
cold outlet’s mean total temperature (K)
inlets’ total mean temperature (K)
dimensionless wall distance
error on T0c
error on µc
k dissipation rate (m2 s-3)
dynamic viscosity (N s m-2)
cold mass fraction
k specific dissipation rate (s-1)
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ANOVA analysis of variance
CFD
computational fluid dynamics

RANS Reynolds average Navier-Stokes
RSM
Reynolds stress model
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ABSTRACT
A new thermodynamic model is proposed to predict the vortex tube performances. Static
temperature drops while high pressure air is accelerated adiabatically through the nozzle. At the
inlet, forced vortex, flat axial velocity’s profile and constant static temperature are assumed, allowing
the calculation of the mean total cold outlet temperature. It has been favourably compared to
experimental data from the literature and to a new artificial neural network model.
Results show that most important parameters for design purpose are the inlet to cold outlet pressure
ratio to maximize the inlet velocity. The importance of the cold mass fraction is related to its impact
on the cold side back pressure and axial velocity. The model shows that the influence of friction and
boundary layer flow on the temperature separation is important. Finally, this model is used to identify
the optimum cold outlet diameter.
Keywords: Ranque-Hilsch vortex tube, thermodynamic modelling, air, pressure ratio, friction,
boundary layer.

1. INTRODUCTION
Since the pioneering work of Ranque (1933), vortex tubes puzzled the scientific community. Many
different explanations of the Ranque-Hilsch effect have been proposed as shown in reviews of Xue
et al. (2010), Devade and Pise (2018) and Zhang and Guo (2018). However, a proposed working
mechanism to well predict the vortex tube performances is still missing. Lagrandeur et al. (2019a)
reviewed quantitative models used to predict the performances of counterflow vortex tubes working
with perfect gases. However, none of them could predict the vortex tube performances accurately.
There is still indeed no commonly accepted model to predict their performances and explain at the
same time the energy separation mechanism. The lack of a proper understanding of the RanqueHilsch effect is believed to be the major obstacle that limits the broader use of vortex tubes (Zhang
et al., 2016).
The review of existing models reveal a lot of similitudes between the different models used to predict
the cold outlet temperature (Lagrandeur et al., 2019a). The most important is a simplification of the
radial momentum equation for a steady axisymmetric flow with ur<<uq, uz<<uq, and ¶/¶z<<¶/¶q. Under
these assumptions, the radial momentum equation reduces to:

1 ¶P uq2
= .
r ¶r r

Eq. (1)

Using Eq. (1), Liew et al. (2012) developed a simple expression to compute the inlet Mach number
Main based on the pressure difference between
the inlets and the cold outlet:
2

P0in æ rvc ö
=ç ÷
Pc è rvt ø

g Main

æ g -1
ö
Ma in2 ÷
ç1 +
2
è
ø

g / ( g -1)

æg
ö
exp ç Ma in2 ÷ .
è2
ø

Eq. (2)

In this work, a new predictive model is proposed. This model predicts the counterflow vortex tube
cold outlet temperature based on a modified version of the two equations given above and on an
adequate treatment of the kinetic energy influence on the total temperature. The effects of friction
and boundary layer flow will be also investigated. The model performance is benchmarked again
experimental data from Camiré (1995) and an artificial neural network developed by Lagrandeur et
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al. (2009b). Finally, a parametric analysis enables to identify the optimum working range for a given
input pressure.

2. NEW THERMODYNAMIC MODEL TO PREDICT THE COLD OUTLET
TEMPERATURE
2.1.

Main Hypotheses

This new model analyzes the flow behaviour at the inlet plane of a vortex tube, which includes the
cold outlet. In order to solve the Navier-Stokes equations analytically, some assumptions are
necessary. In this model, the following hypotheses are used:
• perfect gas;
• axisymmetry;
• forced vortex profile;
• constant Mach number in the vortex chamber;
• uq>> uz;
• uq>> uz ;
• variations in the radial direction r are more important than variations in the axial direction z
(¶/¶r>>¶ /¶z);
• turbulent quantities are not included in the radial momentum equation;
• compressible flow;
• air is accelerated isentropically in the inlet nozzles;
Most thermodynamic models published to date about vortex tubes used similar hypotheses
(Lagrandeur et al. 2009a). An additional hypothesis is necessary to get the axial velocity component
in the cold outlet. This velocity is considered invariant in r like in fully developed pipe flows.
Finally, the static temperature T on the inlet plane is considered as constant. This hypothesis is
based on experimental (Gao, 2005) and numerical (Khait et al., 2014) observation of the static
temperature profile in vortex tubes.
2.2.

Basic Formulation

Under the hypotheses listed in the previous section, the radial momentum equation reduces to
Eq. (1). This equation could be solved with uq = v r using the same procedure described by Liew
(2013). However, Pc is usually measured at the wall. The cold outlet pressure is moved from the
centre to rc, leading to a modified version of Eq. (2):
g Main2

P0in æ rvc ö
=ç ÷
Pc è rvt ø

g / (g -1)

æ g -1 2 ö
Ma in ÷
ç1 +
2
è
ø

2
æg
rc ö ö
2 æ
exp ç Ma in ç1 - ÷ ÷ .
ç2
è rvt ø ø÷
è

Eq. (3)

This equation is used to compute Main. Knowing Main, the static temperature at the inlet plane is
computed using the classical equation for a compressible adiabatic flow (Thompson, 1988):

T0in T0in
g -1
=
= 1+
Ma in .
Tin
Tc
2

Eq. (4)

Integrating Eq. (1) using Ma in as the boundary condition provides the pressure profile:

P(r ) = Pin éëexp (g Ma / 2 )ùû
2
in

æ r2 ö
çç 2 -1÷÷
è rvt ø

.

Eq. (5)

Density is computed using Eq (5) together with the perfect gas law with constant static temperature.
At this point, all flow properties are known on the inlet plane excepted the axial velocity component
u z in the cold outlet. u z is computed using the cold mass flow rate with this equation:
2p rc

µc m! in = uz ò ò r (r )r¶r¶q .

Eq. (6)

0 0

At this point, Eq. (7) is used to derive T0c from the known Tc and the total kinetic energy:

µc m! inC pT0c = µc m! inC pTc + µc m! in

uz2
+
2

2p rc

òò
0 0

v 2r 2
2

uz r (r )r¶r¶q .

Eq. (7)
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2.3.

Impact of Friction Losses in Inlets

For vortex tube without vortex chamber, the magnitude of the energy separation depends mainly on
the pressure ratio Poin/Pc. That is the reason why one investigates the influence of the pressure
losses at the inlets.
To compute the friction losses in inlets, one needs to evaluate the Reynolds number Ren and the
relative roughness e n Dhn , with e n the nozzle sand-grain surface roughness and Dhn the hydraulic
diameter of the nozzle. The first step is to determine the flow Mach number at the entrance of the
inlet nozzles using the following equation (Thompson, 1988):

m! in
=
An r*u*
With un = Ma n

Ma n

( 2 / (g + 1) + Ma (g - 1) / (g + 1) )
2
n

g +1
2( g -1)

.

Eq. (8)

g RgTn , the nozzle Reynolds number is calculated by:
Ren = un rn Dhn µ .

Eq. (9)

Using data from Camiré (1995), one found here 4.5 ´107 £ Re d £ 1.3 ´108 .
To compute relative roughness, some assumptions are necessary. Inlet nozzles are circular in the
experiment of Camiré (1995). Drilling is the most probable machining operation. From Oberg et al.
(2000), drilling produces typical average surface roughness (Ra) equal to 1.6 µm. This value is
converted to an approximate value for en using this equation (Adams et al., 2012):

e n = 5.863Ra .

Eq. (10)

For the experiment of Camiré (1995), en =0.004. From the Moody chart (White, 2003), the flow is
clearly in the fully rough flow regime. Thus, f » 0.028 .
Using classical equation for a Fanno flow (not reproduced here) and with nozzle length of 6.3 mm,
a reduced inlet total pressure is computed. From data of Camiré (1995), the reduction in P0in caused
by friction remains between 2% and 20%. This is in the same range as the pressure losses measured
by Gao (2005).
The difference between the original model and the model including friction losses for µc=0.6965 is
shown in Table 1. Lagrandeur et al (2019b) present figure showing how friction in the inlet nozzles
affects DT0c for different µc.
Table 1: influence of the proposed improvements on the prediction of the mean total temperature
at the cold outlet T0c for P0in=3.08 bar and mc=0.6965.

Model
Original model
Pressure losses in the inlet nozzles
Additional 3% for Pc
Boundary layer flow from the inlet to the cold outlet
Modified model
Experimental data (Camiré, 1995)
2.4.

T0c (K)
268.6
270.5
269.5
270.5
273.1
278.5

Relative error (%)
3.6
2.9
3.2
2.9
1.9
-

Impact of Friction Losses in the Cold Outlet

A numerical study based on the experiment of Camiré (1995) (not reproduced here) shows a
pressure drop of 3% between the cold outlet and the pressure sensor location. For µc=0.6965, a
slight increase of Pc from 1.46 to 1.50 bar creates a difference of 1 K. As a conclusion, the model is
sensitive to variations of the cold outlet pressure.
2.5.

Impact of the Boundary Layer Flow

The pressure gradient generated by the rotating flow over the wall between the inlets and the cold
outlet creates an inward boundary layer flow known as a Bödewadt flow (Schlichting and Gersten,
1999). Because this flow is not involved in the energy transfer process within the tube, its total
temperature remains constant (Gutsol, 1997). When this flow reaches the cold outlet, it mixes with
the flow coming from the tube and increases the resultant total temperature.
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To investigate the influence of this flow, the boundary layer mass flow rate ṁbl is computed from
(Gutsol, 1997):
1/2

m! bl » 25rc r (rc ) éë( rvt - rc )n uin ,max ùû .

Eq. (11)

As shown in Table 1, the influence of this parameter is significant at high cold mass fractions.
Lagrandeur et al. (2019b) demonstrated it is even more important at low cold mass fractions when
the flow in the boundary layer accounts for a greater percentage of the cold outlet flow.
2.6.

Comparison Against the Model of Liew et al. (2012) and an Artificial Neural Network

Fig. 1 compares the outputs of the proposed thermodynamic model, of the Liew et al (2012)'s model
and of an artificial neural network (ANN) built by Lagrandeur et al. (2019b) against the experimental
data of Camiré (1995) for P0in=3.08 bar. This figure confirms that both the artificial neural network
and the new thermodynamic model could predict correctly the vortex tube behaviour. Additionally,
the new model considering both pressure losses and boundary layer flow improves significantly the
predictions of the original model of Liew et al. (2012).

Figure 1: Cold outlet temperature T0c computed by the model of
Liew et al (2012), the present thermodynamic model and the ANN
model. Comparison with the experimental data from Camiré (1995)
for P0in=3.08 bar

Comparison between these methods for other inlet pressures could be found in Lagrandeur et al.
(2019b).

3. PARAMETRIC OPTIMIZATION
3.1.

Cold outlet radius

Changing cold outlet's radius modify cold outlet's total temperature in two ways. First of all, density
and kinetic energy increase with the radius. Increasing the cold outlet diameter allows air with higher
total energy to go out by the cold outlet, reducing DT0c. This mechanism degrades the performance
of the vortex tube and is predicted by Eq. (7).
However, increasing radius of the cold outlet reduces the pressure drop. The cold outlet pressure
from experiments of Camiré (1995) for four different values of P0in could be predicted by a single
quadratic equation (with a coefficient of determination of 0.998):

Pc = 6 ´108 m! c2 + 9.2 ´105 m! c + 100566.

Eq. (12)
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Since Pc varies as the square of the mass flowrate for a given radius, it is expected that Pc will
change with the square of the air axial velocity through the cold outlet. Assuming that Dc/Dvt ratio
! in as demonstrated by Lagrandeur et al. (2019b) using artificial neural
does not significantly affect m
networks, the reduced cold outlet pressure is approximated with this relation:

Pc 2 - 100566 = ( Pc - 100566 )

Dc21
,
Dc22

Eq. (13)

with 1 the reference value from the experiment of Camiré (1995) and 2 the value for the new Dc. It is
important to note that this revised pressure is still applied at the original cold outlet radius when
computing Eq. (3). Because of the high angular velocity, pressure at the wall will be higher than this
new value.
Fig. 2 shows the results obtained for various Dc/Dvt ratios at two different inlet pressures. The best
performance at low µc occurs for the smallest cold orifice. However, when more air goes out through
this orifice with increased µc, the reduction in the cold outlet pressure reduces significantly the cold
outlet temperature up to 0.5 for the higher inlet pressure and even higher for lower P0in. Lagrandeur
et al. (2019b) identify the same optimum ratio using an artificial neural network, but the
thermodynamic model provides better insight on the working mechanism of vortex tubes. A literature
review provided in the same article agrees with these findings.

Figure 2: Cold outlet temperature T0c computed by the proposed
thermodynamic model including friction and boundary layer flow for
various Dc/Dvt ratios. Left: P0in=1.7 bar. Right: P0in =3.08 bar.

Finally, this model indicates that the optimal Dc/Dvt ratio may change according to other experimental
conditions. The advantage of increasing Dc/Dvt depends directly on the cold outlet pressure drop
downstream of the tube. If back pressure is reduced through a reduced inlet mass flowrate or by
removing resistance to air flow downstream of the tube (mass flow meter, piping, valves,…), smaller
cold outlets will become more advantageous. It could explain differences in the optimal Dc/Dvt ratio
identified in the literature by Lagrandeur et al. (2019b).
3.2.

Vortex chamber radius

The vortex chamber is a narrow chamber with a radius superior to the hot tube radius. It could
improve the performance of vortex tubes in two ways. First of all, this chamber uniformizes the initial
vortex to generate an axisymmetric profile at the inlet (Shamsoddini and Abolpour, 2018). Secondly,
it prevents sudden expansion at nozzles’ outlet when P0in/Pc is high (Fulton, 1965). This second
condition makes a vortex chamber necessary to keep Main<1. Using Eq. (3), this critical pressure
ratio is 3.81 if Pc is taken at the middle of the tube.
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Fig. 3 shows the effect of the vortex chamber on vortex tubes’ performance for a pressure ratio under
3.81. Since this model assumes a constant Mach number in the vortex chamber (Liew et al. 2012),
a vortex chamber reduces the maximum Main and the temperature drop. Rafiee and Sadeghiazad
(2015) reached the same conclusion using a numerical simulation. In consequence, the vortex
chamber diameter should be kept to the minimum required to obtain an axisymmetric vortex when
P0in/Pc <3.81.

Figure 3: Cold outlet temperature T0c computed by the proposed thermodynamic model
including friction and boundary layer flow for various rvc/rvt ratios at P0in =3.08 bar. Left:
Dc/Dvt=0.33. Right: Dc/Dvt=0.5.

4. CONCLUSION
Vortex tubes are puzzling devices. The thermal separation process is still poorly understood, and
design tools are lacking. In this work, one proposed a new thermodynamic model to predict vortex
tube performances. This model uses the pressure ratio between the inlets and the cold outlet to
predict the cold outlet total temperature in a three-step process:
• air is accelerating adiabatically in the inlet nozzles including friction effects (Fanno flow);
• at the inlet, static temperature reaches an equilibrium (isothermal profile) in a well design
vortex tube through intense turbulent mixing;
• after going out to the cold outlet, kinetic energy is converted back to thermal energy in an
isentropic process to obtain the cold outlet total temperature.
This model compared favourably against experimental data of Camiré (1995) when friction and
boundary layer flow are considered in the model. The small remaining discrepancies could be
explained by non-optimal conditions inside the tube or by heat exchanges through the vortex tube
envelope.
Finally, this model is used to predict the optimal Dc/Dvt and rvc/rvt ratios. Increasing Dc/Dvt increase
T0c by allowing the air to go out faster and reduce it by lowering P0in/Pc through a reduction in the
cold outlet pressure. The optimum Dc/Dvt identified in this paper (0.5) is in accordance with values
reported in the literature and found using an artificial neural network.
On the other hand, the optimal rvc/rvt ratio is 1 for P0in/Pc lower than the critical value of 3.81, meaning
that a vortex chamber could reduce the performance of vortex tubes. In consequence, the vortex
chamber diameter should be the minimum required to obtain an axisymmetric vortex in the inlet
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section. New experimental and numerical work would be helpful to provide the optimal value for the
vortex chamber diameter.
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NOMENCLATURE

ṁin

Specific heat at constant pressure
(J kg-1 K-1)
Specific heat at constant volume
(J kg-1 K-1)
cold outlet diameter (m)
vortex tube’s diameter (m)
friction factor
Mach number at inlet (nozzles’ outlet)
Mach number at nozzles’ inlet
mass flowrate in the boundary layer
(kg s-1)
mass flowrate through the cold outlet
(kg s-1)
total inlet mass flowrate (kg s-1)

Pc

static pressure at the cold outlet (Pa)

DT0c

Pin

static pressure at inlets (Pa)

en

P0c
P0in
rc
rvc
rvt
Ra

total pressure at the cold outlet (Pa)
total pressure at the inlets (Pa)
radius of the cold outlet (m)
radius of the vortex chamber (m)
radius of the vortex tube (m)
average surface roughness (µm)
specific perfect gas constant
(J kg-1 K-1)

µ
µc
w
r

Cp
Cv
Dc
Dvt
f
Main
Man
ṁbl
ṁc

Rg

Ren

nozzles Reynolds number

Tc

cold outlet’s static temperature (K)

Tin
T0c
T0in
ur
uz

inlets’ static temperature (K)
cold outlet’s mean total temperature (K)
inlets’ total mean temperature (K)
radial velocity (m s-1)
axial velocity (m s-1)

uq

tangential velocity (m s-1)

u*

velocity magnitude at critical state (Man=1)
(m s-1)
specific heat ratio (=Cp/Cv)
total temperature difference between the
inlets and cold outlet (K)
nozzles’ sand-grain surface roughness
(mm)
dynamic viscosity (N s m-2)
cold mass fraction (=ṁc/ṁin)
angular velocity (rad s-1)
static density (kg m3)
density at critical state (kg m3)
static density inside inlet nozzles (kg m3)

g

r*

rn
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ABSTRACT
Water solidification inside hermetic two-dimensional rectangular cavities is modelled and simulated
in the present work aiming at household ice making. A new enthalpic formulation based upon the
first-principles of mass, energy and momentum conservation together with the definition of the liquid
fraction was developed to track the mushy region interface, where the phase change takes place.
The proposed methodology was verified against a classic analytical solution for phase change
problems with the numerical predictions following closely the theoretical trends. Comparisons with
benchmarks solutions of the open literature are also reported. Finally, household ice making through
ice trays is assessed to figure out not only the time required for complete solidification, but also the
amount of energy removed in the process. It was observed an increase in the production rate by
35% when a plastic tray is replaced by a thin metal one.
Keywords: Water solidification, Enthalpy method, Two-dimensional model, Finite-volume approach

1. INTRODUCTION
Household consumption of edible ice has been a steadily-increasing market, initiated in ancient
civilizations and boosted by the popularization of refrigerators in the first half of the twentieth century.
Nowadays, cyclic ice making is a must for any modern refrigerator, among other almost mandatory
features such as water dispensing, automatic defrosting and adjustable shelves. For instance, the
number of patents filled yearly all over the globe increased from ~100 in 1980 to ~1400 in 2018,
revealing a growing interest in the ice making market, whose value is projected to exceed US$ 5.9
billion by 2023 (IMARC, 2018).
An automatic ice maker is a device installed inside a low temperature compartment of a household
refrigerator and directly connected to a water source in order to continuously produce ice to be stored
in a container placed inside the freezer compartment. In general, automatic ice making relies on
filling the tray with water, cooling and freezing water into ice, and harvesting the ice from the tray
(Yashar and Park, 2011). A typical ice production rate for a household appliance is only 3 lb per day,
although a substantial amount of energy is demanded if compared to the total amount consumed by
the refrigerator itself (Meier and Martinez, 1996).
The present work is part of a major project aimed at increasing the ice production rates in household
refrigerators with minimal penalty in terms of energy consumption. This paper is particularly focused
on modelling the processes of cooling and freezing water into ice, as they respond for half of the
total energy consumption of an automatic ice maker, whereas the other half is needed for ice
harvesting and storage (Haider et al., 1996).
Water solidification involves complex phenomena that make its mathematical modelling a nontrivial
activity. Fig. 1 depicts the evolution of the water temperature over time during the solidification, where
the parameter  represents the liquid fraction with =1 standing for liquid water and =0 for solid ice,
so that 0<<1 in the two-phase region, i.e. the mushy zone comprised of ice particles in a liquid
water suspension (Egolf and Manz, 1994). Starting from a temperature T0>Tm, where Tm is the datum
freezing/melting temperature of water (0°C), a certain volume of water can be cooled down to a
temperature Ts≤Tm, the onset of solidification. The temperature difference Tm–Ts is called
supercooling degree. As the phase change always takes place at Tm, an abrupt temperature change
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occurs as the energy removed to freeze water into ice is released to the remaining liquid thus
increasing its temperature from Ts to Tm. The solidification process goes on until the volume is fulfilled
with ice. Thereafter, the temperature is allowed to decrease below the freezing point (see Fig. 1).
Modelling of the solidification process shall account for all of these phenomena, becoming complex
and time-consuming (Alexiades and Solomon, 1993). The present work brings about a simplified
mathematical formulation for the water solidification process, which has been developed by means
of an enthalpic method based on the first-principles of mass, momentum and energy conservation,
heeding the volume expansion during the solidification process as ρice<ρwater.

𝑀 ,𝑉,ℎ
𝑦

𝑀 ,𝑉,ℎ
𝑥
Figure 1: Representation of the water solidification
process over time

Figure 2: Schematic of a two-phase
elementary control-volume

2. MATHEMATICAL MODELLING
The mathematical model was developed for a two-dimensional cartesian domain with dimensions L
(horizontal) and H (vertical) that emulate one cavity of an ice tray. The model relies on the firstprinciples of mass, momentum and energy conservation, whose governing equations are,
respectively, as follows:
∂ρ ∂(ρu) ∂(ρv)
+
+
=0
∂x
∂y
∂t
∂(ρu) ∂(ρuu) ∂(ρvu)
∂P
+
+
= − + μ∇ u
∂t
∂x
∂y
∂x
∂(ρv) ∂(ρuv) ∂(ρvv)
∂P
+
+
= − + μ∇ v + g(ρ − ρ )
∂t
∂x
∂y
∂y
∂(ρh) ∂(ρuh) ∂(ρvh)
+
+
= k∇ T
∂x
∂y
∂t

Eq. (1)
Eq. (2)
Eq. (3)
Eq. (4)

where ∇ ( ) = ∂ ( )⁄∂x + ∂ ( )⁄∂y stands for the Laplace operator, ρ (kg/m³) is the density, k
(W/mK) is the thermal conductivity, cp (J/kgK) is the specific heat, μ (Pa-s) is the viscosity, and h
(J/kg) is the specific enthalpy of water or ice, identified by means of the subscripts l or s, respectively.
In addition, as mass is conserved for each elementary volume in the domain, it follows that
M = Ml + Ms . Thus, one can define the liquid fraction, depicted in Fig. 1, as follows:
ϕ = V /V

Eq. (5)

where V and Vl denote the total volume and the part occupied by the liquid phase, respectively, =1
recalls liquid water and =0 solid ice, whereas 0<<1 describes the enthalpy of the two-phase region,
where the velocity field was considered null. Therefore, the total enthalpy of fluid in eq. (4) can be
written as follows:
ρh = ρ h ϕ + ρ h (1 − ϕ)

Eq. (6)
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Hence, the mushy zone can be used to treat the discontinuities of the thermophysical properties (k,
cp) from solid to liquid phases by means of a linear interpolation that depends on the volume fraction
of liquid. Moreover, the enthalpy, which varies with the temperature, is computed from
h−h

= c (T − T )

Eq. (7)

For the liquid phase, the reference values are href = 0 J/kg, and Tref = 0°C. Similarly, for the solid
phase, href = -λ and Tref = 0°C, where λ is the latent heat of solidification of water substance.
Substituting eq. (7) into equation (4) with T=0°C for the mushy-zone, the following evolving equation
for the liquid fraction can be obtained:
∂ϕ
k
= ∇ T
∂t ρλ

Eq. (8)

It is worth noting that eq. (8) comes out with the ice-water interface in the Eulerian domain.

3. NUMERICS
The model was solved by means of the finite-volume method, as described in Patankar (1980),
whereas the physical domain was discretized following a uniform Cartesian grid. The resulting linear
systems were solved line-by-line through the so-called TDMA (Tridiagonal Matrix Algorithm), while
the velocity-pressure coupling was performed by the PRIME method (Maliska and Raithby, 1984).
An implicit 2nd-order scheme (Crank-Nicolson) was adopted for the time integration. For instance, for
a finite-control volume of size ΔV during a finite time interval Δt, the discretization of eq. (8) yields:

Eq. (9)

where the symbol q denotes the heat flux across the control
surfaces of the finite-control volume (W/m²), whereas the
superscript “0” is the heat flux at the previous time-step.

The final discretized equation is as follows:

n
W

w

P

e

s
∆x

E

S
δxw

y

Fig. 3 depicts the typical two-dimensional finite control
volume of the discretized domain. While the discretized
control volume represents the central node P, the nodes E,
W, N, and S stand for the neighbour control volumes at
east, west, north, and south, respectively. The indices e, w,
n, and s indicate the control surfaces at the east, west,
north, and south, respectively, while Δx and Δy represent
the control volume dimensions and δxe, δxw, δyn, and δys
stand for the distances from P to the neighbour nodes.

N
δyn

faces

q+q
2

∆y

Δt
ρΔVλ

δys

ϕ≈ϕ +

δxe

x

Figure 3: Typical control volume of
the discretized domain

A ϕ =A ϕ +A ϕ +A ϕ +A ϕ +B

Eq. (10)

where the source term was linearized, and the power-law interpolation scheme was adopted
(Patankar, 1980). A staggered grid for the velocity computation was also applied so that the pressure
field is evaluated at the nodes, while the velocities are evaluated at the control surfaces. Fig. 4
depicts the solution algorithm. One can note that the solution is achieved not only by settling the
mushy zone location (0<<1), but also by correcting the sensible heat in each control volume in the
cases when the latent heat removed at a given time is exceeded to comply with the principle of
energy conservation. Finally, the simulation ends when the whole domain is fulfilled with ice.
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Figure 4: Information flow diagram of the solution algorithm

4. VERIFICATION
The model was coded in Python language and verified
against analytical solutions for water solidification. In this
case, a rectangular cavity of dimensions L and H was
considered, with adiabatic side walls and prescribed
temperature conditions at the top and bottom walls, as
depicted in Fig. 5. Therefore, the heat conduction becomes
one-dimensional (from bottom to top), thus representing a
typical Stefan problem, whose analytical solution is wellknown (Lock, 1990). A uniform Cartesian mesh with 20 x
100 (horizontal x vertical) control-volumes was employed
with a time-step of 0.1 seconds.

Table 1. Thermophysical properties of
water substance
Liquid
Solid
Property
Unity
(@20C) (@0C)
cp
4.20
1.96
kJ/kgK


999.8

917

kg/m3

k

0.72

2.22

W/m2K

λ

335

kJ/kg

First, the analysis considered that both phases have the
same thermophysical properties of solid at 0C (see Table
1) and also that there is no fluid displacement, so that the
solidification is curtailed to a pure conduction problem. In
addition, it was assumed that the water is initially at 0°C (see
runs 1 and 2 in Table 2). Later, the initial temperature of the
water was changed, so that sensible heat must also be
removed until the complete water solidification is achieved
(see runs 3 and 4 in Table 2). Finally, simulations with
different k and cp were conducted (see run 5 in Table 2),
albeit the density was still considered that of ice.
The results, summarized in Table 2, were compared against
the algebraic solutions proposed by Neumann for the Stefan
problem, where Ph= λ⁄cp,s (Ti -Tb) denotes the phasechange number (Baehr and Stephan, 2006).

Figure 5: Physical domain and boundary
conditions
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One can see in Table 2 that the model is able to predict the time evolution of the solidification
interface with errors within the 1% thresholds in comparison to the analytical solution. In addition,
the amount of energy removed from the physical domain, which corresponds to the sum of the
sensible and latent heat, in W/m, was compared with model predictions following closely the
experimental trends, with a maximum error of 3% as can be seen in Fig. 6.
Further simulations were carried out by means of the commercial CFD software Star CCM+ (2018)
under the same running conditions, but using a mesh with hundreds of thousands of control volumes
instead of the 2,000 nodes adopted in the case of the tailormade model. The results are depicted in
Table 2, where one can see that the commercial CFD simulations presented errors of the same order
of magnitude than those found using the simplified model for the solidification interface, albeit figures
below 0.1% were found for the total energy removed from the domain, which is due to the fine mesh
adopted in this case.
Table 2. Summary of the verification results
Error Q (%)
Error δ (%)
Error δ (%)
Different
Ph
cp and k
(new model)
(new model)
(comm. CFD)
No
0.5
0.39
0.5
17.09

Run

Tb

Ti

1

-10

0

2
3
4
5

-1
-10
-1
-10

0
10
1
10

No
No
No
Yes

170.9
8.54
85.4
8.54

0.5
0.5
0.5
0.9

0.51
0.31
0.49
2.93

(a)

0.2

Error Q (%)
(comm. CFD)
0.09
0.01

(b)

Figure 6: Phase change interface position over time: (a) runs 1, 3, and 5; (b) runs 2 and 4

A second verification exercise was carried out to evaluate the model suitability to simulate the natural
convection in the liquid phase due to the density and temperature variation, and also the volume
expansion during the solidification process. The work of Michalek and Kowaleski (2003) was taken
as a benchmark, where a square cavity with size of 38 mm filled with water at 278 K was initially
exposed to a temperature of 283 K at the left wall and 273 K at the right one, whereas the north and
south boundaries were considered adiabatic. The solution (velocity and temperature fields) of the
steady-state simulation was used as the initial conditions for the unsteady-state simulations where
the temperature of the left border was suddenly decreased from 283 K to 263 K, thus promoting
solidification. It is worth to mention that polynomial fittings were used to account not only for the
water density variation with the temperature, but also the thermal conductivity, although the heat
capacity was considered uniform for both phases. In this case, a Rayleigh number of 2.5107 and a
phase-change number of 8 were adopted.

25th International Congress of Refrigeration, Montréal, Quebec, Canada, 2019.
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

500

Fig. 7 depicts the temperature fields at three different times: 100, 500, and 1000 s. The 1st column
illustrates the results from Michalek and Kowaleski (2003), who used a grid with 145k nodes; the 2nd
the results from the tailormade model (40k nodes), and the 3rd the results from the simulation with
the commercial CFD software (41k nodes). It can be noticed that the results obtained by the
simplified model (present work) agreed well with the benchmark results. Comparing the simulations
results with Michałek and Kowaleski (2003) data and the results from the commercial CFD software,
the temperature field and ice shape (black band in the temperature scale) agreed quite well.
Michałek and Kowaleski (2003)

Present work

Commercial CFD

100 s

500 s

1000 s
Figure 7: Temperature fields at various time steps obtained by Michalek and Kowaleski (1st column),
the present model (2nd column) and commercial CFD package (3rd column)

5. RESULTS
After the verification exercise, the proposed model was employed to simulate the ice production in
similar conditions to those found in household refrigerators, where a plastic ice tray is exposed to air
at low temperatures inside the freezer compartment. The main aim of these simulations is at
estimating the time for total water solidification as well as the overall energy removed from the twodimensional cavity, in kJ/m. A square Cartesian domain with size of 40 mm was employed, being
exposed to a prescribed temperature at the bottom surface, and convection heat transfer at the side
and top surfaces, as depicted in Fig. 8. The initial and boundary conditions are as follows:


T = Tinitial, x ∈ [0, L], t = 0



∂T/∂x = h(T – T∞), for x = 0 and x = L, y ∈ [0, L], t > 0



T = Tb, for x ∈ [0, L], y = 0, t > 0



∂T/ ∂y = h(T – T∞), for x ∈ [0, L], y = L, t > 0
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Table 3 presents the running conditions in terms of the
parameters h and T∞. In addition, the amount of energy
removed is calculated until the whole cavity is fulfilled
with ice. In all runs, an initial water temperature at 20°C,
a mesh with 200 x 200 control volumes, and a time-step
of 10-2 s were adopted. One can note that the boundary
conditions of runs D and E are more aggressive, where
run A presents the smoothest condition. Table 3 also
emphasizes the difference in solidification time obtained
for the cases when the natural convection in the water
phase is neglected in comparison to the cases when it
is considered as the fluid flow favours the energy
dispersion until the water is at the freezing temperature.
The difference observed in the total energy removed is
due to the temperature distribution of the ice phase at
the end of each simulation. Finally, run E shows an
increase in the production rate by 35% when a plastic
tray is replaced by a thin metal one.

Figure 8: Representation of the
physical domain of an ice cube

The computed solidification times are in accordance with experimental evidences obtained in a real
ice tray by means of a purpose-built experimental rig constructed at POLO Labs. For an ice cube
with 1.4 g of water subjected to different running conditions, such as air flow rates (5 to 25 m³/h) and
inlet temperatures (-5 to -25 °C), solidification times ranging from 40 minutes to almost 5 hours were
observed, depending not only on the running condition but also on the location of the ice cube in the
ice tray (Berno et al., 2019). Such results will be released in a further publication.
Table 3. Boundary conditions and simulation results

Run
A
B
C
D
E

Tb
(°C)

T∞
(°C)

h
(W·m-2·K-1)

-20
-20
-32
-32
-32

-6
-6
-18
-18
-18

2
10
2
10
10

Thermal
Resistance

Conduction Only

Convection

(W-1·m2·K)

Q (kJ·m-1)

t (h)

Q (kJ·m-1)

t (h)

0
0
0
0
0.006

1175.6
1156.7
1199.4
1178.9
-

4.99
4.40
3.13
2.55
-

1097.3
1036.0
1168.2
1098.6
990.7

2.08
1.83
1.54
1.29
1.99

6. FINAL REMARKS
A novel, simplified enthalpic formulation based on the principle of energy conservation was brought
about to come out with an evolving equation to track the mushy-zone region over time. The
methodology was used together with an Eulerian finite-volume method to solve the heat and fluid
flow during water solidification process. The model predictions agreed quite well not only with the
classic Neumann solution for Stefan solidification problems but also with a benchmark solution found
in the literature. Further simulations aimed at water solidification in ice trays within low temperature
compartments of household refrigerator were carried out. The results pointed out that the natural
convection inside the cavity reduces the time needed to complete solidification by 50% as the fluid
flow intensifies the heat transfer homogenizing the water temperature around 0C. In addition, in the
cases where a plastic tray is used, introducing an extra thermal resistance to the boundary walls,
the ice production rate is decreased by 35% if compared with a thin metal tray.
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ABSTRACT
Based on the theory of Conductor like Screening Model for Realistic Solvents (COSMO-RS), the
gas-liquid phase equilibrium thermal properties of single refrigerants were simulated. COSMO-RS
can predict the thermophysical properties of the fluids only needing the structural information of a
single molecule. It is the most effective way of connecting the quantum mechanics and
thermodynamics at present. But the relative errors are larger, reaching 10-20% when it is applied for
calculations of refrigerants. For this reason, the influences of various parameters on the saturated
vapor pressure are studied. The results show that the scale factor of surface area can improve the
accuracy of calculation. Under the optimum scale factor of surface area, the simulated values are
consistent with the experimental data provided by NIST. The relative error are within ±2%. On this
basis, the relation of the size factor with type of refrigerant is analyzed. Finally, the Antoine equations
of saturated vapor pressure for various types of refrigerants are fitted.
Keywords: COSMO-RS, refrigerator, vapor-liquid equilibrium data, molecular surface area, scale
factor.

1. INTRODUCTION

The research on the thermophysical properties of refrigerant alternatives is one of the hot topics in
the international thermodynamics field. However, the theoretical and experimental work on the
thermophysical properties of refrigerant alternatives at the micro-scale or molecular level has not
been thoroughly explored and studied.
The quantum chemically based Conductor-like Screening Model for Realistic Solvation (COSMORS) has developed to a widely accepted and independent novel approach to the simulation of fluid
phase equilibria since its first publication in 1995 and developed continuously [1]. Milocco et al [2]
predicted the vapor–liquid equilibria (VLE) behavior of some pure refrigerants using DMol3/COSMORS calculations with satisfactory quality. COSMO-RS was reasonably accurate for predicting the
vapor pressures of aminosilicones [3] and the formaldehyde–water–methanol ternary system [4],
and the VLE data of formaldehyde-containing aqueous solutions [5], the LLE data of the ternary
systems consisting of {hexane plus benzene plus deep eutectic solvent} [6].
But COSMO-RS has been continuously under the reparameterization in order to improve the
prediction accuracy such as for halocarbon thermodynamics [7, 8, 9]. Through making the
electrostatic interaction parameter temperature-dependent and the strength of hydrogen-bonding
interactions changed with different types of functional groups, the accuracy in VLE predictions is
improved from 7.25% and 2.83% to 6.54% and 2.57% in total pressure and vapor phase
composition[10]. To predict the vapor liquid equilibrium (VLE) of ethanol and 1,1,1,2,3,3,3heptafluoropropane (HFC-227ea), Klamt [11, 12] has used two ways of fine tuning towards an
improved description of the experimental data. The first way is by adjustment of the fluorine-fluorine
vdW interaction parameter τ (F, F) and the second way another is by adjustment polarization charge
densities as the unavoidable fluorine–fluorine contacts have an unusually small vdW interaction due
to the low polarizability of fluorine. But none of them led to a strong improvement. Reinisch [ 13]
predicted the mutual solubilities of dipropylene glycol dimethyl ether (DPGDME) and water by
COSMO-RS by rescaling of the molecular surface areas. Fine tuning of the water and DPGDME
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areas led to a good quantitative agreement with experimental data with a maximum deviation of 5.4
mass percent points. To obtain much better agreement with experimental data, Han [14] re-optimized
the adjustable parameters of misfit energy constant, hydrogen bond coefficient and effective contact
surface area in the popular COSMO-RS to predict the activity coefficients, solubility and vapor-liquid
equilibrium (VLE) for the systems containing ionic liquids (ILs).
In this paper, to increase the prediction accuracy of the saturated vapor pressures of single
refrigerants by COSMO-RS method, the parameterizations were performed by rescaling of the
molecular surface area. Through the fine turning of the scale factor of the COSMO molecular surface
area, the mean relative deviation (MRD) is decreased to 2.0 % in the pressure range of 1 to 20 bar.
Also, the VLE data for new unknown refrigerants are estimated by re-parameterized COSMO-RS
model.

2. COSMO-RS METHODOLOGY
2.1. COSMO-RS equations
COSMO-RS is a “Conductor-like Screening Model for Real Solvents”, which is an efficient variant of
dielectric continuum solvation methods, and its extension to “Real Solvents”, which is a statistical
thermodynamics approach based on the results of quantum chemical COSMO calculations [1]. The
detailed description of the COSMO-RS theory has been given in Klamt’s articles [7–9]. Here, only a
short introduction of the basic features are presented for the understanding this article.
COSMO-RS is a two-step procedure. In the first step, quantum chemical calculations are performed
for the molecules interested. In these calculations, the continuum solvation model COSMO is applied
to simulate a virtual conductor environment for the molecule. In this paper, the quantum chemical
calculations for all refrigerate molecules was performed in the ADF module using density functional
theory (DFT) with the Beck-Perdew (GGA:BP) exchange-correlation functional, the scalar relativistic
ZORA Hamiltoninan, a triple zeta polarized (TZP) small core basis set and an integration accuracy
of 6, the Klamt radii, and the Delly surface area for atoms were used [15]. Then the screening charge
density σ on the molecular surface was obtained for the molecule.
In the second step, the statistical thermodynamics of the molecular interactions, the screening
charge density is used for the quantification of the interaction energy of pair-wise interacting surface
segments with regard to the most important molecular interaction modes, i.e. electrostatics and
hydrogen bonding. The less specific van der Waals (vdW) interactions or dispersive interactions are
taken into account in a more approximate way by element specific dispersion coefficients.
The intermolecular interaction energy is composed of misfit energy, hydrogen bond energy, and van
der Waals energy as follows:
𝐸𝑚𝑖𝑠𝑓𝑖𝑡 (𝜎, 𝜎 ′ ) = 𝛼𝑎𝑒𝑓𝑓 𝑒𝑚𝑖𝑠𝑓𝑖𝑡 (𝜎, 𝜎 ′ ) = 𝑎𝑒𝑓𝑓

𝛼′
2

(𝜎 + 𝜎 ′ )2

𝐸ℎ𝑏 (𝜎, 𝜎 ′ ) = 𝑎𝑒𝑓𝑓 𝑒ℎ𝑏 (𝜎, 𝜎 ′ ) = 𝑎𝑒𝑓𝑓 𝑐ℎ𝑏 𝑚𝑖𝑛{0, 𝑚𝑖𝑛(0, 𝜎𝑑𝑜𝑛 + 𝜎ℎ𝑏 )𝑚𝑎𝑥(0, 𝜎𝑎𝑐𝑐 − 𝜎ℎ𝑏 )}
′
𝐸𝑣𝑑𝑤 (σ, σ′ ) = 𝑎𝑒𝑓𝑓 (𝜏𝑣𝑑𝑤 + 𝜏𝑣𝑑𝑤
)

𝐸(𝜎, 𝜎 ′ ) = 𝑎𝑒𝑓𝑓 𝑒(𝜎, 𝜎 ′ ) = 𝐸𝑚𝑖𝑠𝑓𝑖𝑡 + 𝐸ℎ𝑏 + 𝐸𝑣𝑑𝑤

(1)
(2)
(3)
(4)

where σ and σ’ are the screening charge densities of two different segments; aeff, α’, chb, and σhb are
the effective contact surface area, the misfit energy constant, the hydrogen bond coefficient, and the
cutoff of hydrogen bond, respectively; σdon and σacc represent the screening charge densities of
hydrogen bond donor and acceptor segments, respectively; and τvdW is the element-specific
adjustable vdW interaction parameter [15].
The ensemble of surface pieces characterizing a liquid system S is described by the distribution
function ps(σ), which describes the amount of surface in the ensemble having a screening charge
density between σ and σ+dσ, also named ‘‘σ-profile’’. If our liquid system is a pure liquid X, then the
σ-profile ps(σ) of the system is identical with the σ-profile 𝑝 𝑋𝑖 (𝜎) of the pure compound Xi, 𝑝𝑠 (𝜎) =
𝑝 𝑋𝑖 (𝜎). The normalized σ-profile 𝑝 𝑋𝑖 (𝜎) of the pure compound Xi is calculated by Eq. (5):
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𝑝𝑠′ (𝜎) = 𝑃 𝑋𝑖 (𝜎) =

𝐴 𝑋𝑖 (𝜎)
𝐴 𝑋𝑖

=

𝑛𝑖 (𝜎)

(5)

𝑛𝑖

Where AXi (σ) is the total surface area of all segments with the charge density of σ, AXi is the total
surface area of the compound Xi, ni(σ) is the number of the segments with the charge density of σ,
and ni is the total number of segments of the compound Xi.
The chemical potential of a surface segment with a screening charge density σ in an ensemble
having a normalized σ–profile can be described by Eq. (6)
𝜇𝑆 (𝜎) = −𝑅𝑇 ln {∫ 𝑑𝜎 ′ 𝑝𝑠′ (𝜎 ′ )𝑒𝑥𝑝 (

𝜇𝑆 (𝜎′)−𝐸(𝜎,𝜎′)
𝑅𝑇

(6)

)}

where µS(σ) the so-called σ potential, is the chemical potential of an average molecular contact area
of size aeff in the ensemble S at temperature T.
The chemical potential of a solute X in the ensemble S is defined by Eq. (7):
𝑋
𝑋
𝑋
𝜇𝑆𝑋 = 𝜇𝑟𝑒𝑠𝑆
+ 𝜇𝑐𝑜𝑚𝑏𝑆
= ∫ 𝑝𝑋 (𝜎)𝜇𝑆 (𝜎)𝑑𝜎 + 𝜇𝑐𝑜𝑚𝑏𝑆

(7)

Where the combinatorial contribution, which arises from the different shapes and sizes of the
molecules, is given by Eq. (8).
𝑋
𝜇𝑐𝑜𝑚𝑏𝑆
= −𝜆𝑅𝑇 ln 𝐴𝑆

(8)

where As is the average molecular surface area as defined in Eq. (9) and λ is a parameter to be
adjusted.
𝐴𝑠 = ∑𝑖∈𝑠 𝑥 𝑖 𝐴𝑋𝑖

(9)

The chemical potential of the compound X in the ideal gas is given by Eq. (10).
𝑋
𝑋
𝑋
𝑋
𝑋
𝜇𝐺𝑎𝑠
= 𝐸𝐺𝑎𝑠
− 𝐸𝐶𝑂𝑆𝑀𝑂
− 𝐸𝑣𝑑𝑤
+ 𝜔𝑛𝑟𝑖𝑛𝑔
+ 𝜂𝑔𝑎𝑠

(10)

𝑋
𝑋
Here, 𝐸𝐺𝑎𝑠
and 𝐸𝐶𝑂𝑆𝑀𝑂
are the quantum chemical total energies of the molecule X in the gas phase
𝑋
and in the conductor, respectively, and 𝐸𝑣𝑑𝑤
is the vdW energy of the molecule X, which we
addressed to the conductor reference state. The adjustable universal parameter ηgas connects the
𝑋
reference states in solution and in the gas phase. 𝑛𝑟𝑖𝑛𝑔
is the number of ring atoms in compound X
for ring compounds with and ω an adjustable parameter.

ηgas = ηRT

(11)

Where η is a adjustable parameter.
The vapor pressure pX of a pure compound X at arbitrary temperature is estimated via Eq. (12)
𝑝𝑋 = 𝑒𝑥𝑝 (

𝑋 −𝜇 𝑋
𝜇𝑋
𝐺𝑎𝑠

𝑅𝑇

(12)

)

𝑋
where 𝜇𝐺𝑎𝑠
is the chemical potential of compound X in the gas phase and 𝜇𝑋𝑋 is the chemical
potential of the compound in itself (Eq. 7).
In this study, the values of COSMO-RS parameters are shown in Table 1 and Table 2.

Table 1 General COSMO-RS parameters

rav

0.4

α'

1510

fcorr

2.802

Å

aeff

6.94

(kcal/mol) Å2/e2

λ

0.13

ω

-0.212

Å2

kcal/mol
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chb

8850

σhb

0.00854

(kcal/mol) Å2/e2

η

-9.65

e/ Å2

chorth

0.816

Table 2 Element specific parameters

Atom dispersion constants
τvdw

element

kJ/mol/Å2

τvdw

element

kJ/mol/Å2

C

-0.0356

O

-0.0333

N

-0.0224

F

-0.026

Theoretically, no input data is needed except for molecular structure in the COSMO-RS theory, it
was found that the calculation accuracy would be very poor if none of saturated vapor pressure data
P-T is inputted. In the ADF COSMO-RS package, it is optional to input a P-T data. It was certified
that the different input points had no effects on the calculation results. In this paper, the standard
boiling point data of substance is taken as an input data in the P-T calculations.
2.2. Compound specific fine-tuning
At present, the relative errors of the predictions are larger, reaching 10-20% when it is applied to
calculate the properties of refrigerants [11, 12, 13]. This may be because the constant parameters
contained in the COSMO-RS equations are fitted using atmospheric liquids rather than high pressure
liquids [16], but the refrigerants are turning liquids usually at high pressures. For this reason, the
influences of the constant parameters on the calculated saturated vapor pressures are studied.
Through a large number of trial-and-error calculations, it was concluded that the change of molecular
COSMO surface area can improve greatly the accuracy of the predictions.
The scale factor s of the molecular COSMO surface area As is an input data in the ADF COSMORS package. The default value is 1.0. The scaling factor of molecular COSMO surface area for
molecule interested were adjusted manually starting from 1 with adding or reducing by trial and error
until that the relative error was not decreased any more.

3. SIMULATION RESULTS AND DISCUSSIONS
Refinement of scale factor of molecular COSMO surface area.
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Fig.1 Comparisons of simulated and NIST saturated pressure curves.

In Fig. 1, the simulated saturated pressure curves and NIST dada are presented with the relative
deviations between them shown in scaled figures. It was known that the errors were larger in the
higher temperature range while smaller in the low temperature. This is because COSMO-RS is valid
in the range far from the critical temperature. With the change of the scale factor s of the molecular
COSMO surface area, the simulated curves were approaching to the NIST curves and consistent
with the NIST curves finally.
In this study, one VLE data at 273.15K was selected as an input data, therefore, the curve would
pass through this selected point. It was found when the simulated curve passed through another
point on the NIST curve with the change of s, the whole curve would be coincided with the NIST
curve. Therefore, if we know the two experimental data, we could predict the whole VLE data by the
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method described above.
The optimum scale factors of surface area for different refrigerants are summarized in Table 3. The
mean absolute relative error between the simulation results and NIST [16] values in the Table 3 is
calculated using the scoring function in Eq. (13):
δ=

100
n

∑ni=1

|𝑃𝑖,𝑒𝑥𝑝−𝑃𝑖,𝑐𝑎𝑙𝑐 |
𝑃𝑖,𝑒𝑥𝑝



（13）

where PS is the simulated pressure value and PN is the pressure value in NIST. The pressure ranges
are from 0.1 to 2.0 Mpa.
Table 3 Optimum scale factors of molecular COSMO surface area for refrigerants.

Type
Alkanes
HFs
Alkenes
HFCs
HFOs

Name
CH4(R50)
C3H8(R290)
CF4 (R14)
C3F8 (R218)
C2H4(R1150)
CH2F2(R32)
C2H4F2 (R152a)
C2H2F4 (R134a)
C3H3F5 (R245fa)
C3H2F4(R1234ze)

s
0.8
0.0008
0.001
0.00004
1.25
1.7
1.5
3.3
3.1
3.7

Name
C2H6(R170)
C4H10(R600)
C2F6 (R116)
C4F10
C3H6(R1270)
CHF3 (R23)
C2H3F3 (R143a)
C2HF5 (R125)
C3HF7 (R227ea)
C3H2F4(R1234yf)

s
0.0045
0.0002
0.00015
0.00002
3.5
4.4
2.2
7.9
15.5
5.9

It can be seen from Table 3 that for alkanes and perfluoroalkane, the scale factors are much smaller
than 1 and decreased with the increase of the number of C atoms.
For all the alkenes, fluothane (HFC) and fluorene (HFO), the scale factors are greater than 1, and
increased with the increase of F atom number.
The scale factors for isomers are different, such as R1234ze and R1234yf.
The s is determined by two factors: the symmetrical characteristic of the molecular structure and the
distribution of the surface-screened-charges on the molecular surface. If the molecular structure is
more spherically symmetric, s is larger. This is because that for the longer molecule, the contact area
between the molecules is limited by the smallest cross section. If the surface-screened-charges on
the molecular surface has a stronger polarity, s is larger. Obviously, stronger polarity results in a
larger contact area between molecules. In fact, the scale factor s is related with the parameter of the
effective contact area aeff. Conclusively, aeff should not be constant for different molecules.
Antoine equation with three parameters is the most commonly used equation of saturated vapor
pressure in engineering. It takes the form of:
lg 𝑝 = 𝑎1 −

𝑎2
(14)
𝑇 + 𝑎3

The three parameters of Antoine equation for refrigerators studied are fitted according to the
simulated data and shown in Table 4.
Table 4 Parameters of Antoine equation fitted according to simulation values and deviations

CH4(R50)
C2H6(R170)
C3H8(R290)
C4H10(R600)
CF4 (R14)

a1

a2

a3

6.84
7.50
7.56
7.93
7.64

1000.90
1810.31
2268.24
2786.56
1438.26

270.50
273.14
273.15
273.15
273.15

Deviations
ω
2.13×10-5
9.84×10-10
3.41×10-10
2.01×10-10
4.83×10-10
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C2F6 (R116)
C3F8 (R218)
C4F10
C2H4(R1150)
C3H6(R1270)
CH2F2(R32)
CHF3 (R23)
C2H4F2 (R152a)
C2H3F3 (R143a)
C2H2F4 (R134a)
C2HF5 (R125)
C3H3F5 (R245fa)
C3HF7 (R227ea)
C3H2F4(R1234ze)
C3H2F4(R1234yf)

7.79
7.98
8.10
6.88
6.77
7.62
7.53
7.30
7.04
7.42
7.26
7.98
7.23
7.32
6.95

1960.14
2419.72
2814.30
1409.72
1773.65
1886.54
1631.28
2059.59
1794.25
2064.65
1831.57
2610.72
2103.33
2118.92
1919.58

273.15
273.15
273.15
257.11
242.51
241.04
246.70
238.79
238.63
238.70
239.20
239.16
237.35
239.40
236.96

2.10×10-10
2.51×10-10
2.28×10-10
4.94×10-5
7.70×10-5
3.25×10-4
1.28×10-4
9.51×10-5
1.54×10-4
1.13×10-4
1.90×10-4
3.38×10-5
6.32×10-5
7.95×105
8.34×10-5

Pressure / bar

3.2. Prediction of saturated vapor pressures.
CH2=CH-CF3(R1243zf), C3F6 and CF3CH=CHCF3 (R1336mzz(Z)) are new kind of refrigerators.
But their saturated vapor pressure data are very few. The saturated vapor pressures of them were
predicted by COSMO-RS based on the two known experimental data as shown in Fig. 2, 3 and 4.
The data are summarized in Table 5. From Fig. 2, it is seen that with the change of s, the curve
passes through the other experimental data with the one as the input data in the COSMO-RS
calculations. According to the discussions above, when the curve was passing through the two data,
the rest part of the curve was coincidence with the experimental data, and the relative errors are
ensured within ±0.2%. Similarly, the curves in Fig. 3 and Fig.4 were consistent with the experimental
ones. The relative error was ±2.0% for C3H3F3 (R1243zf), while it was within ±5.0% for C3F6,
because s of latter couldn’t be decreased further more.
35
30
25
20
15
10
5
0

Exp.
data

300

350
400
Temperature / K

450

Fig. 2 The Saturated vapor pressures of C4H2F6 (R1336mzz(Z)) predicted by COSMO-RS.

Pressure / bar
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250
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Pressure / bar

Fig. 3 The Saturated vapor pressures of C3H3F3 (R1243zf) predicted by COSMO-RS.
35
30
25
20
15
10
5
0

S=0.00004
Exp. data
Exp. data
240

280
320
Temperature / K

360

Fig. 4 The saturated vapor pressures of C3F6 predicted by COSMO-RS.
Table 5 Saturated vapor pressures of C4H2F6, C3F6 and C3H3F3 predicted by COSMO-RS.

C4H2F6

C3F6

C3H3F3

CF3CH=CHCF3

S=0.00004

CH2=CH-CF3

(R1336mzz(Z))

(R1243zf)

S=7.4

S=7.0

T/K
306.55
313.445
320.34
327.235
334.13
341.025
347.92
354.815
361.71
368.605
375.5
382.395
389.29
396.185
403.08
409.975
416.87
423.765
430.66
437.555
444.45

Ps / bar
1.013
1.302
1.652
2.073
2.572
3.160
3.845
4.637
5.546
6.582
7.754
9.072
10.545
12.182
13.993
15.986
18.168
20.549
23.133
25.930
28.944

T/K
243.75
248.75
253.75
258.75
263.75
268.75
273.75
278.75
283.75
288.75
293.75
298.75
303.75
308.75
313.75
318.75
323.75
328.75
333.75
338.75
343.75

Ps / bar
1.134
1.395
1.703
2.062
2.480
2.961
3.513
4.142
4.856
5.662
6.566
7.578
8.704
9.954
11.333
12.852
14.517
16.338
18.322
20.477
22.813

T/K
255.15
260.15
265.15
270.15
275.15
280.15
285.15
290.15
291.15
295.15
300.15
305.15
310.15
315.15
320.15
325.15
330.15
335.15
340.15
345.15
350.15

Ps / bar
1.013
1.281
1.603
1.985
2.435
2.961
3.570
4.272
4.424
5.073
5.983
7.009
8.160
9.445
10.871
12.447
14.180
16.077
18.146
20.394
22.827

In conclusion, the prediction accuracy of COSMO-RS is higher for HFCs and HFOs within ± 0.5 while
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is lower for HCs and Olefins within ± 1.0% with change of scale factor of molecular surface area.

4. CONCLUSIONS
In this paper, the properties of vapor-liquid equilibria of pure refrigerants are studied by COSMO-RS
model, the accuracy of prediction is improved by change of scale factor. Compared to the data
provided by NIST, the mean absolute relative errors for alkanes (HCs), alkenes (HOs) and
Perfluoroalkanes (FCs), Perfluoroolefines (FOs) are not more than 1.0%, for hydrofluorocarbons
(HFCs and HFOs) are smaller than 0.5%. For alkanes and perfluoroalkane, the scale factors are
much smaller than 1 and decreased with the increase of the number of C atoms. For all the alkenes,
fluothane (HFC) and fluorene (HFO), the scale factors are greater than 1, and increased with the
increase of F atom number. The scale factors for isomers are different, such as R1234ze and
R1234yf.
As the result, the vapor-liquid equilibrium curves of new single refrigerants was predicted by
COSMO-RS method based on the molecular structure and the two experimental vapor-liquid data.
The maximum relative errors are ensured within ±2.0 % in the range of 0.1- 2.0 Mpa.
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ABSTRACT
Use of R410A is under pressure to be phased down because of its high global warming potential
(GWP). The recent Kigali amendment to the Montreal Protocol will necessitate the phase-out of
R410A used in air conditioning systems in developed countries by the late 2020s. This will require
the industry to begin using R410A replacements by the middle 2020s.
A new refrigerant blend, R466A, has been developed with thermodynamic properties that potentially
make it a design compatible replacement for R410A. This new blend offers a 65 % reduction in GWP
over R410A and is non-flammable (Class A1). Tests of a blend with very similar composition in an
air-cooled chiller and a residential split system heat pump were previously reported. Performance
generally met expectations with capacity being slightly lower than R410A and efficiency being slightly
lower than R410A in the chiller test and similar to positive in the heat pump test, all consistent with
the thermodynamic properties of R466A relative R410A.
This paper presents the results of tests run with R410A (as baseline) and R466A in another residential heat pump and a transport refrigeration unit. Again, performance is generally seen to meet
expectations. Capacities ranged from −5 % to +2 % relative to the R410A baselines. Efficiencies
ranged from −3 % to +4 % relative to the R410A baselines. These results demonstrate R466A's
utility as a lower GWP, design compatible replacement for R410A in a range of HVAC&R equipment.
Its classification as non-flammable permits R466A to be used in existing equipment designs, either
in new product or as field replacement of reclaimed R410A.
Keywords: Air-Conditioning, Low GWP, R410A, Refrigerated Transport

1. INTRODUCTION
Many low-GWP refrigerant candidates have been evaluated as prospective alternatives to R410A in
different types of HVAC&R equipment. These activities began under the Low-GWP Alternative
Refrigerants Evaluation Program (AREP) coordinated by the Air Conditioning, Heating and Refrigeration Institute (AHRI, nd). All of the new refrigerants targeted to replace R410A are mildly flammable and are classified as “2L” by ASHRAE Standard 34 (ANSI/ASHRAE, 2016). In AREP I, Schultz
and Kujak (2012) and Schultz (2014a,b) tested seven R410A-like replacement candidates. Most of
the candidates tested did not perfectly match the capacity of R410A, but were within close proximity
(±10 %), and displayed similar, generally positive, efficiencies.
To more closely match R410A characteristics, Hughes and Leck (2015) proposed the blend DR-5A,
now designated R454B (68.9 %wt R32 / 31.1 %wt R1234yf), as a replacement for R410A. Kujak and
Schultz (2015, 2016) introduced DR-55, now designated R452B (67 %wt R32 / 7 %wt R125 / 26
%wt R1234yf), further optimizing performance, but at the expense of higher GWP matching that of
R32. Schultz and Kujak (2016) and Schultz (2016) reported the results of tests on a 14 kW (4 RT)
rooftop heat pump and 4 RT residential split heat pump that demonstrate R452B and R454B to be
design compatible substitutes for R410A in unitary equipment.
More recently, Schultz and Nayak (2017) reported the results of drop-in tests with R452B and R32
conducted on a 100 RT air-cooled water chiller with R410A as baseline. Chillers typically operate at
lower evaporator temperatures and therefore larger temperature lifts than unitary equipment. The
chiller’s brazed plate evaporator and microchannel condenser were new components relative to the
previous unitary equipment tests with round-tube plate-fin heat exchangers. The cooling capacities
with R452B were within 0 to −5 % of R410A while achieving efficiencies 0 to +5 % higher over a
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range of ambient temperatures and leaving chilled water temperatures. R32 produced 5 % to 13 %
greater capacities than R410A while achieving efficiencies of −2 % to +6 %. Compressor discharge
temperatures (CDT) with R452B ran only 3 K to 6 K higher than with R410A. CDTs with R32 ran
significantly hotter than R410A by 14 K to 27 K. These results again demonstrate the design
compatible nature of R452B to R410A-based equipment.
Schultz and Nayak (2017) also reported the performance of a new refrigerant labelled simply “Exp”
at the time. Exp was a precursor to the new blend now designated as R466A. Schultz and Kujak
(2019) elucidated the identity of Exp and added performance measurements of a 10.5 kW (3 RT)
residential split-system heat pump run with Exp. Exp was observed to be a design compatible
replacement for R410A with capacities similar to R452B. COPs with Exp were −4 % to +3 % higher
than for R410A as ambient temperature ranged from 18 °C to 52 °C in the chiller tests. In the tests
of the residential unit, capacities with Exp were within −5 % to +1 % of R410A while COPs within
−2 % to +4 % over the standard rating heating and cooling conditions. This paper reports performance measurements of another residential split-system heat pump and a transport refrigeration
unit run with R410A as a baseline and with R466A. (Results from tests in a 14 kW (4 RT) rooftop
unit were planned to be reported here as well, however, the tests were not completed in time to be
included in the manuscript.)

2. REFRIGERANT CHARACTERISTICS
Characteristics of Exp and R466A are listed in Table 1, along with R410A, R452B, R454B, and R32.
Exp and R466A utilize the flame suppressing CF3I molecule in place of R1234yf to make nonflammable blends. Exp and R466A differ by only 1 % in R32 and CF3I compositions and so are
expected to have essentially identical properties and performance characteristics. All of the alternate
refrigerants proposed offer a roughly two-thirds reduction in GWP compared to R410A.
Table 1. Compositions, GWPs, and critical properties

Refrig

Composition (% mass)

GWPAR4

R410A
R32
R454B
R452B
Exp
R466A†

R32/R125 (50/50)
R32 (100)
R32/R1234yf (68.9/31.1)
R32/R125/R1234yf (67/7/26)
R32/R125/CF3I (50/11.5/38.5)
R32/R125/CF3I (49/11.5/39.5)

2088
675
465
698
740
734

GWPAR5 Class
1924
677
467
675
703
697

A1
A2L
A2L
A2L
–
A1†

Tcrit
(°C)
71.3
78.1
80.9
79.7
83.5
83.8

Pcrit
(MPa)
4.90
5.78
5.58
5.50
5.90
5.91

The designation and safety classification of R466A were provisional at the time this manuscript was
written. Addendum u to ASHRAE Standard 34-2016 had been released for public review; final approval
was not get granted.
†

Table 2 lists performance characteristics of each refrigerant in a simple single-stage vapor compression cycle operating between an average condensing temperature of 46.1 °C with 8.3 K of
subcooling and an average evaporating temperature of 11.4 °C with 8.3 K of compressor suction
superheat. These conditions are typical of a unitary piece of equipment running at the AHRI (2012)
Standard 210/240 “A Test” rating conditions (26.7 °C dry-bulb / 19.4 °C wet-bulb indoor return air
temperature and 35 °C outdoor ambient temperature). A fixed compressor volumetric displacement
is assumed and the isentropic efficiency is taken as 0.7. Exp and R466A are seen to have performance characteristics very similar to R452B, indicating that R466A could be a candidate design
compatible replacement for R410A as well.
R466A, R454B, and R452B operate at pressures slightly below those for R410A at the same saturation temperature boundary conditions; R32 operates at slightly higher pressures. The CDTs with
R466A, R454B, and R452B are expected to be modestly higher than R410A while those with R32
are significantly higher. R466A, R454B, and R452B have small thermodynamic temperature glides
of less than 1.5 K that can be easily accommodated in typical HVAC&R equipment and applications
that utilize R410A.
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Table 2. Simple thermodynamic cycle simulation results

Refrig

∆CAP*

∆COP*

(Pc/Pe)*

mR*

∆CDT (K)

Glide (K)

ρLiq*

R410A
R32
R454B
R452B
Exp
R466A

0
+0.077
–0.039
–0.030
–0.022
–0.026

0
+0.010
+0.016
+0.014
+0.009
+0.009

1
1.005
1.004
1.003
0.993
0.993

1
0.722
0.790
0.813
1.042
1.049

0
15.2
5.4
4.9
6.9
6.9

0.1
0
1.2
1.1
1.4
1.5

1
0.921
0.946
0.952
1.174
1.183

One obvious difference between R466A and the A2L candidates is its heavier liquid density. R32,
R454B, and R452B are all somewhat less dense than R410A because of their higher R32 content.
R466A contains a significant amount of CF3I. The high molar mass of the iodine atom (126.9, atomic
number 53) in CF3I results in a high liquid density for CF3I and of blends containing CF3I. As a
consequence, the optimum refrigerant charge of R466A in a piece of equipment will likely be
noticeably larger than of R410A. The lower liquid densities of R32, R454B, and R452B offer the
prospect of reduced charges.

3. RESIDNTIAL SPLIT SYSTEM HEAT PUMP
The residential split-system heat pump tested had a nominal rated cooling capacity of 10.5 kW (3 RT)
with a nominal COP of 3.5 (12 EER). The test points were taken from AHRI Standard 210/240 (AHRI,
2012). Tests were run at the A and B cooling mode conditions and at the H1, H2, and H3 heating
mode conditions; these points are summarized in Table 3 below. Tests were run with R410A (as
baseline) and R466A. The capacity was determined from air-side measurements around the indoor
coil. The COP was determined by dividing the capacity by the measured electrical power consumption. These measurements do not depend on knowing refrigerant properties.
Table 3. Conditions for residential unit tests.

Test Description
cooling mode: A
cooling mode: B
heating mode: H1
heating mode: H2
heating mode: H3

Air Entering
Indoor Heat Exchanger
dry-bulb
wet-bulb
(°C)
(°C)
26.7

19.4

21.1

(<15.6)

Air Entering
Outdoor Heat Exchanger
dry-bulb
wet-bulb
(°C)
(°C)
35
n/a
27.8
8.3
6.1
1.7
0.6
−8.3
−9.4

Fig. 1 shows the sensitivity of subcooling, capacity (CAP), and efficiency (COP) to variations in
R466A refrigerant charge for the A and B rating conditions (cooling mode). Capacity is seen to be
insensitive to charge, though it increases slightly as charge increases. Efficiency is maximum at the
lower charge (lower subcooling) level and drops quickly at the highest charge and corresponding
subcooling. In this case, the liquid level in the condenser displaces area for condensing resulting in
elevated condensing pressure and saturation temperature, degrading the efficiency.
The ratios of the capacities and efficiencies (COPs) obtained with R466A relative to R410A are
shown in Fig. 2. In the cooling mode tests, the capacity with R466A was within 2 % of that with
R410A. The efficiency essentially with R466A match that with R410A, except when overcharged. In
the heating mode tests, capacity with R466A was generally within 2 % of that with R410A. A bit of
extra charge improved capacity at the two colder ambient temperatures. Efficiency with R466A
tended to be within ±2 % of that with R410A. These results are consistent within expectations based
on thermodynamic properties along with experimental repeatability and measurement uncertainties.
The middle charge of 4.5 kg of R466A appears to be a reasonable compromise to achieve good
performance over the full range of operating conditions.
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Figure 1. Residential unit capacity (CAP), efficiency (COP), and subcooling as a function of
refrigerant charge when operated at the “A” and “B” cooling rating conditions.

Figure 2. Residential unit capacity and efficiency versus outdoor air temperature. Left) Capacity
(CAP). Right) Efficiency (COP). † Note: Frost accumulates during the H2 test. Performance is determined
as a time-weighted average over several periodic frost/defrost cycles.

Pressures with R466A entering the condenser (compressor discharge) and leaving the evaporator
(compressor suction) were both observed to be slightly lower than with R410A, consistent with
expectations based on thermodynamic properties. The corresponding refrigerant saturation temperatures, shown in Fig. 3, were slightly higher in both the condenser and the evaporator with R466A
than with R410A.
In condensing mode (whether the outdoor coil in cooling mode or the indoor coil in heating mode),
the leaving liquid refrigerant temperature with R466A was closer to the entering air temperature by
1.5 K to 3 K than with R410A. This advantage was partially offset by subcooling with R466A (with
middle charge of 4.5 kg) being about 1 K larger than with R410A. In addition, the refrigerant circulation rate with R466A was 3 % to 8 % higher than with R410A, consistent with thermodynamic
properties. This resulted in a larger pressure drop through the condenser, forcing the entering
(discharge) pressure to be increased in order to push the higher mass flow rate, despite the closer
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temperature approach at the outlet. R466A’s small thermodynamic temperature glide also adds to
the increased pressure drop effect. Modest design changes to the condenser could alleviate the
impact of the increased mass flow rate and small temperature glide. On the other hand, R466A’s
thermodynamic temperature glide, which offsets the pressure drop “glide”, appears to have benefited
performance in the evaporator. This is consistent with observations made in a rooftop unit run with
R452B and R454B (Schultz, 2016), which have thermodynamic temperature glides similar to R466A.

Figure 3. Refrigerant saturation temperatures associated with: Left) Compressor discharge
(condenser inlet). Right) Compressor suction (evaporator exit). R446A data points are those with
the middle refrigerant charge of 4.5 kg

4. TRANSPORT REFRIGERATION UNIT
Tests of R466A were also run in a transport refrigeration unit designed to use R410A; see Fig. 4.
The unit has a nominal capacity of 11 kW at an ambient temperature of 30 °C and a refrigerated box
temperature of −20 °C. The compressor is electrically driven. The unit can operate as a heat pump
(heating mode), however, performance was measured here only under cooling conditions.

Figure 4. Cut-away view of the transport refrigeration unit tested here

As with the residential unit, measurements of capacity were made from air-side measurements.
Efficiency was determined from the air-side capacity and measurement of the electric power
consumption, which includes power going to the evaporator and condenser fans as well as the
compressor. The tests with R410A were run with the standard unit charge of 8.5 kg. The tests with
R466A were run with a unit charge of 9.75 kg (+15 %), based solely on the ratio of liquid densities.
No modifications were made to the unit during testing, except to adjust the TXV to produce the
desired evaporator leaving superheat with R466A.
The capacities obtained under different operating conditions are shown in Fig. 5, overall efficiencies
(COP) are shown in Fig. 6. The labels on the horizontal axis indicate the temperatures of the
refrigerated box and the ambient. The first four sets represent a range of typical operating conditions.
The last two sets represent extreme conditions, the fifth set having an extremely low box temperature
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and the sixth set having an extreme ambient temperature. Both of these conditions result in very
large temperature lifts imposed on the system and compressor.

Figure 5. Capacities produced by transport refrigeration unit under various boundary conditions

Figure 6. Capacities produced by transport refrigeration unit under various boundary conditions

Under typical operating conditions, R466A was observed to produce capacities that were within −3 %
to +2 % of R410A. Efficiencies with R466A were within ±3 % of those with R410A. These results are
within expectations based on thermodynamic properties and measurement capabilities. At the two
extreme conditions, performance with R466A fell well short of that with R410A. It appears that the
TXV was unable to accommodate the higher refrigerant mass flow rate that occurs with R466A under
these conditions.
Under the typical operating conditions, the approach of the evaporator entering saturation temperature to the entering air temperature was about 0.5 K larger with R466A than with R10A. However,
the approach of the evaporator leaving saturation temperature to the entering air temperature was
about 0.5 K smaller with R466A than with R10A. This is likely a beneficial consequence of R466A’s
small thermodynamic temperature glide offsetting some of the “glide” due to pressure drop, as was
seen in the residential unit tests. Evaporator performance appears to be equivalent between the two
refrigerants.
The approach of the liquid refrigerant temperature leaving the condenser to the ambient temperature
(pinch) was 0.5 K to 1 K better (smaller) with R466A than with R410A. The bubble point temperature
at the condenser outlet was similarly lower with R466A than with R410A, indicating similar amounts
of subcooling. However, the dew point temperatures at the condenser inlet (compressor discharge)
were about 1 K to 1.5 K higher with R466A than with R410A. This is a consequence of the higher
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pressure drop across the condenser with R466A due to its higher mass flow rate combined with
R466A’s thermodynamic temperature glide.
Evaluations indicate that the compressor performance, in terms of an in situ isentropic efficiency
(which includes the motor efficiency) and the volumetric efficiency were very similar with both R410A
and R466A. This is consistent with the general agreement between the observed overall performance measurements with expectations based on thermodynamic properties as modified by the
secondary impacts of those properties on heat exchanger performance described above.

5. CONCLUSIONS
Societal demands to protect the earth’s environment are resulting in legislative restrictions on the
use of high GWP refrigerants, including R410A. A number of candidates to replace R410A have
been proposed, such as R452B, R454B, and others, including R32. However, these are all classified
as 2L flammable fluids. Implementation of these fluids will require updating of standards and codes,
along with safety related equipment designs and service practices.
R466A’s A1 non-flammable classification offers the potential for easier and faster replacement of
R410A. The results presented here, along with previously published work, indicate that R466A is a
suitable replacement for R410A in existing equipment designs from the viewpoint of thermodynamic
properties. The two main issues that need to be addressed are accommodating R466A’s larger mass
circulation rate (mitigating pressure drop effects in heat exchangers, expansion devices, and refrigerant lines) and R466A’s higher liquid density which increases the refrigerant charge needed.
Beyond the evaluation of thermodynamic properties and measurements of system performance, a
clear understanding of R466A’s chemical stability and materials compatibility as well as identification
of suitable lubricants is needed to ensure successful deployment.
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NOMENCLATURE
CAP
CDT
COP
GWP
mR*
Pc
Pcrit
Pe

capacity
compressor discharge
temperature
coefficient of performance
global warming potential
refrigerant mass circulation rate
relative to R410A
condensing pressure
critical pressure
evaporating pressure

(Pc/Pe)* pressure ratio relative to
pressure ratio with R410A
RT
Refrigeration Tons (12,000
Btu/hr)
Tcrit
critical temperature
∆CAP*
difference in capacity relative to
R410A
∆CDT
difference in CDT relative to
R410A
∆COP*
difference in efficiency (COP)
relative to R410A
ρLiq*
ratio of liquid density to R410A
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ABSTRACT
Tube bundle heat exchangers are widely installed in industrial refrigeration plants. However, there
is lack of data and correlations for the design of these apparatus, because the physical
phenomena of the heat and momentum transport processes, especially in two phase systems, are
not well established. A new test facility is designed by the department of Technical
Thermodynamics at the University of Kassel to investigate heat and momentum transfer in
horizontal single tubes with hydrocarbons at high pressures in saturation state. The adiabatic two
phase flow and condensation are investigated. Therefore the flow patterns, pressure drop and heat
transfer are determined for a wide range of saturation pressure, mass flux and vapour quality.
Furthermore the influence of the surface structure on the pressure drop is also examined.
Keywords: Condensation, Two-Phase Flow, Pressure Drop

1. INTRODUCTION
Natural gas covers 20% of the worldwide energy demand. Transportation via shipping is an
effective way to supply consumers. Therefore the natural gas has to be liquefied by cascade
refrigeration plants, which have a high resources demand in construction and require much energy
in operation. The tube bundle heat exchangers in those facilities show a significant potential for
savings regarding the energy and the resource demands. Therefore the physical phenomena of
momentum transport during adiabatic two phase flow as well as the heat transfer during
condensation have to be understood in order to prevent oversizing of those heat exchangers.
Friedel (1979) proposed a correlation based on a database of wide variety of fluids, mass fluxes
and saturation pressures including many natural refrigerants. The database of Friedel (1979)
covers internal tube diameters ranging between 1 mm and 154 mm. In addition further natural
refrigerants are investigated by Steiner (1997). However the influence of surface microstructure
which has an influence in single phase flow on the pressure drop is not considered in the
correlations.
Considering condensation, many refrigerants such as R134a, R125 R32, R410A and R236ea are
investigated by Cavallini (2001) in copper tubes with a diameter of 8 mm. Based on these results
and the results of Cavallini (1999), Thome (2003) developed a correlation based on flow patterns
and the model of Steiner (1997)k for flow boiling. However the single tube in real tube bundle heat
exchangers have larger diameter than those investigated by the authors. Hence R290 is
investigated by Garimella (2018) for copper tube with diameters till 14.65 mm and mass fluxes up
to 450 kg/m²s, which are applied for tube bundle heat exchanger. In real facilities however mild
steel is often used as construction material, but limited data is available so far, see Fries (2019).
Recently Shah (2019) published a correlation for condensation heat transfer where many
refrigerants in a large variety of parameters are considered. However, the data basis for natural
refrigerants in large tube diameters is limited to Fries (2019) and Garimella (2018).

2. EXPERIMENTAL SETUP AND PROCEDURE
The experimental test facility is shown in Fig. 1. The test substance is conveyed by a multiphase
pump, into a phase separator, where the gas and the liquid phase are separated due to the
buoyancy force. Three fluid loops are connected to the phase separator, whereas two lead to the
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measurement section and the last is installed in order to supply the multiphase pump with enough
liquid in order to prevent superheating of the pump, which occurs as a result of the compressibility
of the gaseous phase. The temperature of that loop is adjusted by Heat exchange HE 3 and HE 1,
where HE 3 can be bypassed.
The mass flow of the liquid and gas phase loop connected to the measurement section is regulated
by control valves and Coriolis mass flow meter. Due to the large variety of mass flow rates two
Coriolis mass flow meters and several control valves are installed. Since the liquid phase is in a
saturated state inside the phase separator, it has to be subcooled by heat exchanger HE 4 in order
to prevent evaporation because of pressure losses.
The oil separator removes possible contaminations inside the test substance of the sealing oil of
the multiphase pump. Both phases pass a static mixer and are conveyed into the measurement
section in case of two phase measurements. If single phase transport phenomena are investigated
the temperature of the test substance is adjusted by heat exchanger HE 5. After passing the
measurement section, the fluid can be post conditioned by heat exchanger HE 2
Two different test sections are used in order to determine the adiabatic two phase flow. The first
test section is an insulated drawn copper tube with an internal diameter of 15 mm and a length of
3150 mm, which is used to determine pressure losses during adiabatic two phase flow. The
second test section is designed as a shell tube heat exchanger as shown in Fig. 2 with an internal
mild steel tube with an internal diameter of 14.65 mm and a brass shell tube. For both test tubes
the differential pressure is measured across the whole test section, see Fig. 1. For the second test
section the temperature profile is measured in high resolution. Therefore twenty RTD’s 100 are
inserted inside the annulus. Furthermore the wall temperature of the inner tube is measured at
different circumferential and axial positions, as shown in Fig. 2 and table 1.
Additionally the surface roughness of the internal side of both test sections is investigated. The
method of focus variation, described by Addy et al. (2016) is applied. The resulting topographies
and a representation of a profile are shown in Fig. 3 for copper on the left side and steel on the
right side. The mild steel tube has an arithmetic mean surface roughness of 1.80µm, which is
approximately six times higher than the roughness of the copper tube with 0.27 µm.
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Figure 1: Simplified PID diagram of the test rig
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Measurement
Section
1 - 19
(odd)
2 - 20
(even)

Table 1: Installation positions of the RTD and TC Sensors in Test section
Annulus
Wall
axial position
circumferential
Measurement
axial position
circumferential
position
Section
(from left side)
position
0 - 360 °
1
1070 mm
90° steps
First: 698.5 mm
0°
Dist.: 190 mm
0 - 360 °
2
1470 mm
45° steps
0 - 360 °
3
1870 mm
45° steps
First: 793.5 mm
180°
Dist.: 190 mm
0 - 360 °
4
2270 mm
90° steps

4	
  x	
  90°

8	
  x	
  45°
glue
TC	
  type	
  K

Figure 2: Construction plan of Test Section 2
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Figure 3: Topographies and profile cuts of the copper tube (left) and mild steel tube (right)
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3. DATA REDUCTION
The original evaluation developed by Fries (2019) is slightly alternated. The inlet vapour quality
hs -hel
hev

xin =

Eq. (1)

is now determined by Eq. (1) with an energy equation, contrary to the original mass equation.
Thereby the subcooling in the liquid loop as well as the superheating due to the pressure loss in
the gas loop are taken into account. Therefore the specific enthalpy
hs =

mv hv +ml hl
mv +ml

Eq. (2)

in the static mixer is determined by Eq. (2) with the gas mass flow rate ṁv and the liquid mass flow
rate ṁl, measured by the respective Coriolis Sensor. The enthalpies hl and hv are determined by
Eq. (3)
h=f(ρ;T)

Eq. (3)

with the equation of state for R290 by Lemmon et al. (2009) with the density and the temperature
information.
The heat transfer coefficient is now calculated with Eq. (4) by the radial heat transfer equation
1

αi,m =
ri

2π(TTs,i -Tw,av )
∂Q
∂z

1

jλ

j

ln

rj+1
rj

Eq. (4)

with Eq. (5)
Tw,av =

1
k

Tw,k

Eq. (5)

k

as mean temperature of the temperature data for all thermocouples on the same axial position.
The method to determine the differential δQ̇/δz is described by Fries (2019).

4. DISCUSSION OF THE EXPERIMENTAL RESULTS
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Figure 4: Single Phase Pressure Drop for copper and mild steel tube
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At first the pressure drop for adiabatic single phase flow is validated, shown in Fig. 4 for the copper
and the mild steel tube in a dimensionless plot. The experimental results of the liquid phase for
both test tubes show similar values for the friction factor and are in good agreement with the
correlation of Konakov (1946) for smooth tubes.
However for the gas phase only the investigations for the copper tube are in agreement with
Konakov (1946), whereas the friction factors in the steel tubes are higher up to 30%. This can be
explained by the higher roughness of the steel tube where turbulences occur earlier. This effect
cannot be seen for flows with low Reynolds-Numbers since the laminar boundary layer is too thick,
so that no turbulence are induced by the higher roughness as explained by Schlichting (2017).
After the validation of the single phase pressure drop, the two-phase pressure drop is investigated
for different mass fluxes and different reduced pressures for both test tubes. Generic results for a
reduced pressure of 0.5 for the investigations are shown in Fig. 5 for the copper and for the mild
steel tube. For both test tubes, the pressure drop is plotted as a function of the vapour quality for
different mass fluxes. The pressure drop increases for increasing mass fluxes and vapour qualities.
When higher vapour qualities are achieved, the gradient of the pressure drop decreases. Although
the pressure drop inside the mild steel tube is significantly higher for single phase gas flow, an
increase in the pressure drop is not observed even for higher vapour qualities.
This phenomenon can be explained with the respective flow pattern. For low vapour qualities and
low mass fluxes, stratified or stratified wavy flow will occur, where the flow velocities of the gas
phase and the liquid phase are similar, yielding low Reynolds-numbers for each phase. Hereby the
laminar sub-layer is thicker than the surface roughness profile and hinders the generation of further
turbulences. For increasing vapour qualities and mass fluxes, the gas velocity increases but the
flow pattern changes. In annular flow, for instance where the gas velocities and therefore the
Reynolds-number of the gaseous phase is very high, the gas is not in contact with the wall, but
with the liquid phase. Since the liquid phase has a very low velocity, yielding a low Reynoldsnumber, and is in contact with the wall, the laminar sub-layer will not be affected by the roughness
profile.
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Figure 5: Adiabatic two phase pressure drop inside copper (left) and mild steel (right) tube

In Fig. 6 the pressure drop is illustrated for a reduce pressure of 0.25 and 0.5 for the mild steel
tube. As expected the pressure drop is higher for the lower reduced pressure since the phase
interaction is more intense, due to the larger difference between the thermophysical properties of
the saturated liquid and vapour.
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Figure 6: Adiabatic pressure drop of mild steel tube for p* = 0.25 (left) and p* = 0.5 (right)

Before the heat transfer of condensation is investigated, the functionality of the test section is
validated with single phase measurements. The heat transfer of liquid and gaseous R290 is
measured, over a wide range of Reynolds-numbers. The results are shown in Fig. 7 with a
dimensionless plot of the Nusselt-number as a function of the Reynolds-number. The experimental
results are in good agreement with the correlation of Gnielinski (2013) and the deviation is within
the uncertainty of the correlation, which proves the validity of the test section.
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Figure 7: Experimental Results of Singe Phase heat transfer.
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Figure 8: Heat transfer coefficients for p* = 0.25 (left) and p* = 0.5 (right) for condensation

In Fig. 8, the heat transfer coefficient α is shown as a function of the vapour quality for different
mass fluxes and two reduced pressures for condensation inside the mild steel tube. The results are
compared to the correlation of Thome (2003). The experimental data are underpredicted by the
correlation of Thome (2003), however the trend is in good agreement. The experimental values are
within the uncertainty range of the correlation. For a reduced pressure of p* = 0.25 and a mass flux
of 600 kg/m²s the curvature of the trend is much flatter than predicted by Thome (2003). A possible
explanation is, that Thome (2003) calculates mist flow in his flow pattern map and applies that in
his calculation for the heat transfer, but annular flow is observed in this experiment, hence the
experimental heat transfer is smaller.
Furthermore the heat transfer coefficient decreases with increasing pressure. This can be
explained with the lower interfacial interaction, since the difference for thermophysical properties
decreases for increasing pressure. Subsequently the vapour density increases and the liquid
density decreases, so that the distribution of liquid and vapour changes for increasing pressures.
The liquid phase will take more space at higher pressures thus acting as a larger thermal
resistance.

5. CONCLUSIONS
The surface roughness of a drawn mild steel tube is six times higher than the roughness of a
drawn copper tube. Due to this higher roughness more turbulences are induced in single phase
flow at high Reynolds-numbers when the laminar boundary layer is affected by the surface
roughness profile. Hence the pressure drop of single phase flow is up to 30% higher in the mild
steel tube as compared to the copper tube.
This effect vanishes, when the pressure drop is investigated for gas-liquid flows, even at high
vapour qualities. The reason for this is found in the physical phenomena of the different flow
patterns. For increasing saturation pressures the pressure drop decreases due to the smaller
interfacial interaction. Consequently, the pressure drop can be well predicted with the correlation of
Friedel (1979).
The heat transfer during condensation also decreases for increasing saturation pressures for the
same reason. The experimental results are in good agreement with the correlation of Thome
(2003), considering their trend. The absolute results of the experimental heat transfer coefficients
are 15% higher than predicted by Thome (2003), except for p* = 0.25 and a mass flux of 600
kg/m²s, where the difference is significantly higher.
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NOMENCLATURE
Symbols
d
h
K
p*
Q̇
T
z
δ
ζ
ρ

diameter (mm)
enthalpy (kJ)
sand roughness (mm)
reduced pressure (-)
heat flow (W)
temperature (°C)
position in the tube (m)
differential (-)
friction factor (-)
density (kg·m-3)

Ġ
ṁ
p
Pa
r
ẋ
α
Δ
λ

mass flux (kg·m-2·s-1)
mass flow rate (kg·s-1)
pressure (bar)
arithmetic mean roughness (µm)
radius (mm)
vapour quality (-)
heat transfer coefficient (W·m-2·K-1)
difference (-)
thermal conductivity (W·m-1·K-1)

ev
i
j
Ts
w

evaporation
inner
thermal layer
Test substance
wall

Subscripts
av
el
in
k
v

average
evaporation line
inlet
counting parameter
vapour
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ABSTRACT
The recent Kigali amendment to the Montreal Protocol will necessitate the phase-out of R410A used
in air conditioning systems in developed countries by the late 2020s. This will require the industry to
begin using R410A replacements by the middle 2020s. Analyses indicate that the weighted average
GWP will need to be 300 or less to reach the overall Kigali targets. The large volume of R410A used
in HVAC applications makes this difficult to achieve if the GWPs of its replacements are allowed to
be 675 to 750, based on R32 as a benchmark. Three recently introduced molecules offer opportunities to formulate blends with GWPs well less than 675, even achieving GWPs <300. This paper
investigates the thermodynamic properties of blends using these new molecules and identifies
several specific blend compositions that could serve as lower GWP replacements for R410A.
Compromises between important factors are considered, including capacity (match to R410A),
efficiency, temperature glide, compressor discharge temperatures, and operating pressures. Beyond
their thermodynamic properties, these new molecules present challenges in chemical stability and
materials compatibility that are beyond the scope of this paper.
Keywords: R410A, Low GWP, Thermodynamic Property, Glide

1. INTRODUCTION
Release of refrigerants into the atmosphere impacts the environment through their direct Global
Warming Potential (GWP). Societal demands to limit climate change are driving regulatory policies
and voluntary actions to lower this impact. The Kigali Amendment to the Montreal Protocol (UNEP,
nd) is now the key agreement providing a timetable for the phase-down of the use of hydrofluorocarbons (HFCs) with high direct GWPs, just as the original Montreal Protocol is leading to the phaseout of ozone depleting substances (ODSs) such as chlorofluorocarbons (CFCs) and hydrochlorofluorocarbons (HCFCs). This has spurred renewed consideration of “natural” refrigerants such as
ammonia (R717), carbon dioxide (R744), and hydrocarbons (R290, R1270, R600, R600a, etc.) as
well as the development of alternative lower GWP F-gas chemistries.
R1234yf and R1234ze(E), with GWPs < 11, were the first new hydrofluoroolefins (HFOs) to be
developed. R1234yf has become the preferred replacement for R134a (GWP = 1300) in automotive
air-conditioning. R1234ze(E) is being commercialized as an alternative to R134a in chillers. These
fluids are also being employed in a number of new blends designed for a wide range of applications.
However, the “low” pressure nature of these fluids limits the amount that can be used in blends
intended as replacements for the “high” pressure fluid R410A (GWP = 1924), used extensively in
residential, unitary, and VRF equipment, as well as in small chillers.
The timetable called for by the Kigali Agreement is shown in Fig. 1. Calculations based on a weighted
average of all refrigerant use today suggest that the average in the future will need to be less than
300 to meet the Kigali phase-down targets. That significant portions of the refrigerants portfolio (e.g.,
R134a applications and low pressure chillers) have potential to transition to GWPs well below 300
(typically <10) suggests that alternatives for R404A (GWP = 3943) and R410A might be allowed to
have somewhat higher GWPs, say <400. The long-term bulk average GWP needed to achieve the
Kigali targets depends on the rate of transition away from the high GWP refrigerants and the rate of
growth in the overall use of refrigerants, especially by the developing countries.
The GWPs used in this paper are consistent with the 100-year time horizon values listed in the Fifth Assessment Report of the IPCC (Myhre et al, 2013).
1
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Figure 1. Schematic diagram of the GWP phase-down called for by the Kigali Amendment

Beginning in 2012 under AHRI’s (nd) Alternative Refrigerants Evaluation Program (AREP), a number
of lower GWP alternatives to R410A have been proposed and evaluated. These fluids all have GWPs
between 460 and 715, including R32 (GWP = 677). Although these fluids might be suitable as interim
replacements for R410A, they are likely not viable for long-term use.
Chloroiodomethane (CF3I or R13I1) has a GWP < 1 and was considered as a replacement for Halons
in fire suppression agents and as a constituent in low ODP/GWP refrigerant blends in the 1990s
(Nimitz and Lankford, 1994). Development stalled until Honeywell submitted an application in 2018
to ASHRAE Standard 34 (abbrev. “Std-34”) to revise CF3I’s toxicity levels, followed by a subsequent
application for an R410A-like blend containing CF3I, labelled R466A. Although R466A has the benefit
of being non-flammable, its GWP is 697. Although this GWP might be satisfactory for retrofitting
R410A in installed equipment; it is again likely too high for long-term use in new equipment. Still,
CF3I can be used in other blends to offer lower GWP alternatives to R410A.
Two “new” HFO molecules have also recently been proposed for use in formulating lower GWP
blends to replace R410A. Asahi Glass Corp in 2015 proposed using trifluoroethene (R1123) as a
constituent in blends suitable for replacing R410A and R32. (Applications to Std-34 for R1123 and
several blends containing R1123 remain tabled as of the date this manuscript was submitted.)
Mexichem’s 2016 application to Std-34 for 1,1-difluoroethene (R1132a) was approved in 2017.
Daikin submitted an application to Std-34 for an R404A-like blend containing R1132a in 2018. It can
be imagined that R410A-like blends could be formulated with R1132a as a constituent. Blends
containing CF3I, R1123, and R1132a that are potential lower GWP alternatives to R410A are
described further in this paper with a focus on thermodynamic properties. Other issues are discussed
in Section 6. Select properties of the refrigerants discussed here are summarized in Table 1 at the
bottom of the paper.

2. EARLIER PROPOSED R410A REPLACEMENTS
Some of the refrigerants proposed as possible replacements to R410A during AREP are shown in
Fig. 2 and Fig. 3. The horizontal axis is the capacity produced in a simple single-stage thermodynamic air conditioning cycle relative to that of R410A assuming a compressor of fixed displacement with an isentropic efficiency of 0.7 and equal average saturation temperatures of 46 °C
condensing (with 8 K subcooling) and 11 °C evaporating (with 8 K superheat). Note that using the
average of the bubble/flash and dew points can lead to optimistic predictions for blends with large
temperature glides of >5 K. Practical performance levels achievable with blends having large glide
might be lower than projected here. GWPs range from 460 to 715.
The refrigerant with the 407 GWP has a glide of ~9 K, unacceptably large for typical HVAC applications. R32 by itself is a prospective replacement for R410A, however, its GWP is likely too high for
long-term use. The blends contain primarily R32 with R1234yf and/or R1234ze(E); some with small
amounts of CO2, R125, or butane added. Being “low” pressure (R134a-like) fluids, blending R1234yf
and R1234ze(E) with R32 results in reduced capacity, so GWP can be lowered only so far while
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remaining within, say, 15 % of R410A capacity. Although R125 (GWP = 3170) helps maintain capacity and lowers glide, it adversely impacts the GWP of the blend. CO2 helps increase capacity,
however, its dramatically lower boiling point compared with R32 results in large temperature glides.

Figure 2. GWP vs capacity relative to R410A of
replacements proposed under AREP

Figure 3. Temperature glide vs capacity of
R410A replacements proposed under AREP

Performance characteristics of ternary and concomitant binary blends can be conveniently displayed
in “triangle charts” where the axes are the mass fraction of each constituent in the blend. Fig. 4
displays contour lines of the capacity of “R452” series blends (R32 + R125 + R1234yf) relative to
that of R410A and of R22. The “R410” (R32 + R125) series runs along the right axis, with R410A at
the midpoint. The “R454” (R32 + R1234yf) series runs along the horizontal axis. Properties
descriptions for the R454 and R452 series blends are now available in REFPROP v9.1 (Lemmon et
al., 2013) and later, including the requisite binary interaction parameters (BIPs). The red line divides
the non-flammable (north) and flammable (south) regions.2 Previous assessments have identified
R452B and R454B as “design compatible” replacements for R410A (Schultz and Kujak, 2016).
The R454 series offer the lowest possible GWPs in Fig. 4 (no high GWP R125). A blend of 59 %wt
R32 and 41 %wt R1234yf has a GWP of 400 while providing 90 % of R410A capacity, and so could
be of interest. To reach a GWP of 300 requires decreasing the R32 content to 43.5 %wt (DR-4), but
entails a shortfall of 17 % in capacity. Meeting the long-term GWP target with fluids such as DR-4
could necessitate significant redesign of equipment and product lines, as was required with the
switch from R22 to R410A as the industry transitioned away from ODSs.
Fig. 5 shows that R452B and R454B have small thermodynamic temperature glides (<1.5 K). Schultz
and Kujak (2016) showed that these small temperature glides had little impact on overall
performance in unitary type equipment, with benefits occurring in the evaporator offsetting the small
increase in condensing pressure. Note that glide increases modestly as R32 content decreases and
R1234yf increases, approaching 7 K at an R32 content of 20-25 %wt. DR-4’s glide is 3.5 K, modestly
higher than R454B but within the realm of practical experience. Schultz and Kujak (2016) also
discuss other quantities, such as thermodynamic COP (increases slightly as increase R32 content,
more strongly as increase R1234yf content), mass circulation rate and pressure drop in heat
exchangers (decreases as R32 content increases because of wider Ph and Ts domes), compressor
discharge temperatures (CDT, modest increase for R452B and R454A relative to large increase for
R32), operating pressures (R4542B and R454B < R410A, R32 > R410A), and liquid density (refrigerant charge for R452B and R454B decreases because of higher R32 content over R410A).
Behavior of R454 series blends are further elucidated below.

The flammability line is based on the “local” composition. The fractionation rules in Std-34 need to be
addressed to determine if any particular nominal blend would be classified as flammable or not.
2

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

533

Figure 4. Contour lines of capacity for the
R452/R454/R410 series of blends.

Figure 5. Contour lines of temperature glide for
the R452/R454/R410 series of blends.

3. BLENDS COMPRISING TRIFLUOROIODOMETHANE (CF3I)
Reintroduction of CF3I (labelled R13I1) back into the refrigerants portfolio offers the potential to
create additional lower GWP blends to replace R410A. CF3I has thermodynamic properties similar
to R1234yf while being a flame suppressant. One can therefore imagine replacing R1234yf in the
R452 and R454 series blends with CF3I. Ternary blends of R32 + R125 + CF3I have received the
designation “R466” with the submission of R466A to Std-34.
REFPROP (Lemmon et al., 2013) contains a description of CF3I properties. REFPROP also has
internal algorithms for estimating the BIPs of the R32 + CF3I and R125 + CF3I pairs. The estimated
BIPs were found to be in reasonable agreement with binary VLE data available in Singh et al.
(2013a,b). The data cover a limited range of concentrations at one pressure. Predictions of
properties and cycle performance might be subject to lesser or greater uncertainty in various regions
of concentrations. Still, this exercise can provide insight into the potential for blends containing R32,
R125, and/or CF3I to replace R410A. Refinement of final blend compositions might be needed once
more accurate BIPs are determined.
Contours of capacity relative to R410A and R22 for the R32 + R125 + CF3I ternary blends (and the
associated binaries) are shown in Fig. 6. It is seen that a lower content of R32 is needed to achieve
a certain capacity when replacing R1234yf with CF3I. Again, the red line estimates the divide
between the non-flammable (left) and flammable (right) regions. The replacement of flammable
R1234yf with flame suppressant CF3I makes for a larger non-flammable region. R466A is seen to
provide a close match to the capacity of R410A while being classified as non-flammable as well as
lower toxicity (Std-34 Class A1). Tests of an air-cooled chiller and a residential split system airconditioner conducted with the blend labelled “A1” by Schultz and Kujak (2018) demonstrated R466A
to also be design compatible with R410A.
Comparing Fig. 7 to Fig. 5 indicates temperature glide is smaller as CF3I is initially added to
R32/R125 blends than when adding R1234yf. This allows the glide of R466A to be only slightly larger
than for R452B and R454B. However, glide increases dramatically as the CF3I concentration
exceeds 60-70 %wt, making an R466 ternary blend or an R32 + CF3I binary blend (the “B” series)
unsuitable as low GWP replacements for R22 or R404A.
The lowest GWP attainable while matching R410A capacity is about 400 at blend “B1”. Fractionation
considerations in Std-34 make B1 likely to be classified as flammable. The blend labelled “A3”
matches the GWP of R454B. The use of A3 as an alternative to R454B would have the benefit of
being potentially non-flammable, but at the expense of about two percentage points in capacity and
~1.5 K increase in glide. Similarly to DR-4 in the R454 series, reaching a GWP of 300 requires
decreasing the R32 content to 44 %wt – blend “B2”. In contrast to DR-4’s 17 % shortfall, the capacity
provided by B2 is only 7.5 % lower than R410A. B2’s temperature glide is 3.5 K, essentially the same
as DR-4’s glide. The blends A3 and B2 have thermodynamic COPs that are ~1 % higher than R410A,
modestly higher CDTs (~+10 K), and slightly higher mass circulation rates (~+6 %).
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Figure 6. Contour lines of capacity for the
R466/[R32+CF3I]/R410 series of blends.

Figure 7. Contour lines of temperature glide for
the R466/[R32+CF3I]/R410 series of blends.

4. BLENDS COMPRISING TRIFLUOROETHENE (R1123)
The operating pressures of R1123 are similar to those of R32 (Table 1), in fact forming a mild azeotrope with R32 and exhibiting near-azeotropic behaviour (small temperature glide) over the full range
of concentrations. With a GWP < 1, R1123 blended with R32 lowers the effective GWP in direct
proportion to the concentration in mass fraction. R1123 is susceptible to disproportionation, a
reaction in which the molecule spontaneously rearranges into other materials with the release of
heat. Studies indicate this reaction happens at high temperatures and pressures beyond those
experienced in HVAC&R equipment and can be mitigated by mixing (diluting) R1123 with other
molecules, such as R32 and R1234yf (Otsuka et al., 2018). The risk of disproportionation appears
to be minimized if the mole fraction of R1123 in a blend is maintained below 40 % to 50 %. However,
further review will be needed for equipment manufacturers to fully assess the risks associated with
disproportionation during the design process.
The work presented here is based on a description of R1123 properties derived using the method of
Brown (2008). BIPs for R1123 + R32 were estimated from a few VLE data points presented by
Fukushima and Hashimoto (2014). REFPROP’s internal algorithm was used to estimate the BIPs for
R1123 + R1234yf. Development of more accurate properties descriptions for R1123 and its relevant
blending components is underway (e.g., Higashi, 2018).
One way to employ R1123 in refrigerant blends is to consider using the binary pair R1123 + R32 as
a lower GWP replacement for pure R32 in the blends considered above, especially the R452/R454
series (R32 + R125 + R1234yf). A set of charts similar to Fig. 4 and Fig. 5 can be constructed with
R32 replaced by a blend of R1123 + R32 of a specified ratio. Although these four component blends
can have interesting properties, driving toward the lowest possible GWPs suggests minimizing the
R125 content and focusing on the R32 + R1123 + R1234yf ternary blends.
Contours of capacity relative to R22, R410A, and R32 are shown for the R32 + R1123 + R1234yf
blends in Fig. 8. The lines labelled “50%v” and “40%v” intersect blends in which the mole fraction of
R1123 is the stated value. The lines labelled “50/50” and “40/60” indicate fixed relative ratios of
R1123 to R32. The blends “C1” and “C2” are binaries of R1123 + R32 submitted to Std-34 in 2015.
The blend “D1” matches the capacity of R410A with a GWP of 300. The R1123 content in D1 is only
25 %mol (%v), well below the threshold for disproportionation. Fig. 9 indicates that D1 has a
temperature glide of 2.5 K. D1’s thermodynamic COP is ~1 % below R410A, CDT is only ~4 K above
R410A, and mass circulation rate is ~5 % lower. Being more aggressive, the blend “D2” matches the
capacity of R410A while achieving a GWP of 200. However, the concentration of R1123 falls near
the boundary where the risk of disproportionation increases. In addition, the thermodynamic COP
falls ~2.5 % below R410A, a consequence of the higher R1123 content. D2’s glide is 3 K, still quite
reasonable.
The azeotropic nature of the R1123+R32 pair produces a locus of blends with capacities equal to or
greater than R32, something not possible with the blends considered above. Blend “D3” offers a
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match of R32 capacity while meeting the long-term 300 GWP target. However, D3’s thermodynamic
COP is ~3.5 % below R32. (R32 offers an ~1 % benefit over R410A). Glide is a mild 1.5 K. Note that
the modest temperature glides predicted at high R1234yf concentrations (maximum of <7.5 K) offers
potential for formulating lower GWP blends to replace R22 and R404A.

Figure 8. Contour lines of capacity for the
R32 + R1123 + R1234yf series of blends.

Figure 9. Contour lines of temperature glide for
the R32 + R1123 + R1234yf series of blends.

5. BLENDS COMPRISING 1,1-DIFLUOROETHENE (R1132a)
R1132a (aka vinylidene fluoride) has a much lower boiling point and critical temperature (Table 1)
than R32. One of its projected uses is in blends to displace R23 and R508A/B in very low temperature
applications (evaporator saturation temperatures of <−60 °C). Although an estimate of R1132a’s
thermodynamic properties can be constructed using the method of Brown (2008), certain features of
the resulting description appear unrealistic and call into question its accuracy. In addition, no public
information suitable for estimating BIPs with R32 and R1234yf (or other molecules) was available at
the time of writing. Detailed simulation of cycle performance will need to wait until more accurate
thermodynamic properties are available for R1132a and candidate blending agents. This work is
underway (Low, 2018).
Several blends proposed under the AREP (AHRI, nd) and a couple of named refrigerants (R455A
and R463A) employ small amounts of CO2 to enhance capacity and offset some R32 to lower the
blend’s GWP. As potential alternatives to R404A, the composition of R455A is very similar to R454C
with the addition of 3 %wt CO2 while reducing the R1234yf content, maintaining GWP at 150. It is
conceivable that R1132a’s lower pressures relative to CO2 could enable blends to be formulated that
displace more R32, lowering GWP, while matching a target capacity. As noted above, a first blend
utilizing R1132a has been submitted to Std-34 targeting R404A-like capacity. Further evaluations
might reveal compositions suitable for replacement of R410A.

6. OTHER ISSUES
The discussion above is based exclusively on the thermodynamic properties of the various refrigerants and their blends. However, other aspects of a refrigerant or blend are also necessary for
eventual successful commercial use in HVAC&R equipment. One of these is the chemical stability
of the molecule and the associated materials compatibility concerns. This hurdle was encountered
during the first look at CF3I in the 1990s and is now again an active area of development. As noted
above, R1123 is susceptible to disproportionation. Studies to date suggest this risk can be minimized
by limiting the concentration of R1123 in a blend. Although this limit looks to be high enough to allow
formulation of potentially useful blends, manufacturers will need to conduct proper risk assessments.
In addition, classification of R1123 by Std-34 is currently tabled until toxicity studies are concluded.
R1132a’s toxicity has been classified as A and is expected to be a more stable molecule. However,
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R1132a’s flammability has been classified as 2 and its higher operating pressures and consequentially higher temperature glides as R1132a content increases could limit the concentration of
R1132a in practical blends to replace R410A.

7. CONCLUSIONS
Societal demands to protect the earth’s environment are resulting in legislative restrictions on the
use of high GWP refrigerants, including R410A. The long-range sustainable limit on GWP may be
as low as 300, eliminating R32 and the blends currently being evaluated as long-term refrigerants.
The thermodynamic properties of blends utilizing three recently introduced low GWP molecules,
CF3I, R1123, and R1132a, were described here. Blends utilizing these molecules were shown to
have properties suitable to replace or displace R410A (and R32). However, achieving a GWP of 300
may require selection of refrigerants with capacities less than R410A, but at least be within 10 % to
15 % of R410A. A number of significant hurdles, such as chemical stability or toxicity classification,
must also be overcome for these blends to become practical alternatives to R410A and R32.
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NOMENCLATURE
BIPs
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CDT

binary interaction parameters
Capacity
Compressor Discharge Temperature

COP Coefficient of Performance
GWP Global Warming Potential
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Table 1. Summary of Select Refrigerant Properties
name

GWP

molar
mass

Tcrit
(°C)

CO2
R1132a
R1123
R32
R125
R1234yf
CF3I

1
<1
<1
677
3170
<1
<1

44.0
64.0
82.0
52.0
120.0
114.0
195.9

31.0
29.7
59.2
78.1
66.0
94.7
123.3

R410A
R452B
R454B
DR-4
R466A
A3
B2
D1
D2
D3

1924
676
467
295
696
448
298
298
197
298

72.6
63.5
62.6
75.1
80.7
86.2
88.4
69.5
74.6
67.7

71.3
79.7
80.9
84.3
83.8
87.5
89.5
75.9
72.6
73.2

Tbbl @
Tdew @
1 atm
1 atm
(MPa)
(°C)
(°C)
single molecules
7.38
–
–
4.46
-82.8
-82.8
4.60
-56.0
-56.0
5.78
-51.7
-51.7
3.62
-48.1
-48.1
3.38
-29.5
-29.5
3.95
-21.9
-21.9
multi-component blends
4.90
-51.4
-51.4
5.50
-50.7
-50.7
5.58
-50.5
-50.5
5.17
-49.3
-49.3
5.91
-51.7
-51.7
6.10
-51.5
-51.5
6.22
-51.5
-51.5
5.47
-53.4
-53.4
5.26
-54.2
-54.2
5.58
-54.7
-54.7
Pcrit

Pbbl @
25°C
(MPa)

Pdew @
25°C
(MPa)

hfg @
Pdew
kJ/kg

6.43
4.00
2.03
1.69
1.38
0.68
0.49

6.43
4.00
2.03
1.69
1.38
0.68
0.49

120
77
153
271
110
145
91

1.66
1.59
1.57
1.42
1.61
1.58
1.56
1.74
1.80
1.86

1.65
1.54
1.52
1.25
1.55
1.46
1.41
1.61
1.63
1.76

187
222
226
195
172
164
162
201
187
200
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ABSTRACT
Success of international F gas agreements depends on effective measures taken responsibly. This
paper describes monitoring of leakages based on data recorded using electronic logbooks according
to EN 378 and Regulation (EC) No 1516/2007. Advantages of electronic data logging and reporting
are shown on the possibilities of automatic analysis, fault detection and comparison, fast access to
the full history of leak checks and various forms of output.
Using the implemented system, service engineers can get a quick survey of their customers, cooling
circuits, details of all maintenance work and repairs, refrigerants in store, refrigerants added,
recovered, reclaimed, and disposed of. This is possible directly at customer sites using tablet and
smartphone applications, which also enable the service engineers to create electronic logs of
inspections in the field. Experience from reporting of HFC refrigerant emissions shows that the data
required by the IPCC methodology divided into several categories of use is difficult to obtain from
companies in practice. The concept underlying this work is to take advantage of electronic data
logging and reporting, the possibilities of automatic analysis, fast access to the full history and
various forms of output.
Electronic data records from refrigerant handling on stock enable summarizing, reporting and
analyzing important data in a chosen period. The Slovak data reporting system was launched into
operation in the year 2009. We started dividing the data based on field of application in 2012.
Weighted mean leakage for all applications, specifically for commercial refrigeration, air conditioning,
transport refrigeration, heat pumps, industrial refrigeration, and domestic refrigeration, is calculated
automatically. The historical development of the weighted mean leakage is analyzed according to
the aforementioned fields of application. Data from the reporting system of monitored cooling circuits
are compared with total leakages on national and international level.
This paper is based on the activities of the Slovak Association for Cooling and Air-Conditioning
Technology started in the year 2003 supported by the Ministry of Environment. The electronically
led documentation was developed from the previous paper form. The evaluated data were collected
from service organizations.
Keywords: Accuracy, Computer, Leak, Logging, Refrigerant, Reporting, Statistic.

1. INTRODUCTION
Leakage reporting by category of usage (commercial, industry refrigeration, air conditioning, …) is
implemented using a program for logging data about the usage of refrigerants called Leaklog. The
function was added to Leaklog in response to the need to compare amounts of leakages according
to the aims of the Kyoto Protocol and the methodology of IPCC from 2006 and also the EU
Regulation about F gases.
The reporting function includes leakage monitoring by refrigerants and category of usage. An overall
scheme of refrigeration reporting is shown in Fig. 1, where data about leakages on equipment from
customers is input using Leaklog to the information system of SZ CHKT (Slovak Association for
Cooling and AC Technology) and is, subsequently, automatically processed.
Reported data consists of only aggregate values of leakages and amounts of refrigerants in
equipment by category of usage. Leaklog does not report any sensitive information about customers.
A similar system is operated in Germany by the VDKF organization (Zaremski, 2016), which has
published their results and so mutual comparison is possible. Leakage evaluation by VDKF was
done in 2011 and 2016 from 260 enterprises and 111 thousand equipment from approximately 15
thousand customers with the total charge of 1790 thousand tons of refrigerants and an average
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charge of 16.7 kg of refrigerant per equipment. Web information systems for data collection are
operated also in Hungary, Estonia, but their results are not published. Similar web-based information
systems are already in development in many other countries.

Figure 1: Data flow from customers using Leaklog to the information system of SZ CHKT at
www.szchkt.org, where the data is automatically processed

As input to the information system at szchkt.org, two approaches for reporting data are supported:
1. yearly reporting by organizations using Leaklog, and
2. yearly reporting by organizations without Leaklog.
The first approach enables aggregation of precise data from companies, which are logging data
about refrigerant movement directly in Leaklog. Using such data, it is possible to calculate average
weighted percentage of refrigerant leakage per refrigerant charges in equipment and added amounts
of refrigerants. The data is possible to summarize by refrigerant and category of usage (e.g.,
commercial, industrial cooling, AC and heat pumps).
The second approach enables aggregation of less precise data from all certified companies that may
not be using Leaklog. Such summarized data shows trends in purchase development and
consumption of refrigerants added to circuits as new charge or due to leakage.
The first approach is more precise as it enables calculation of average weighted percentage of
refrigerant leakage by refrigerant and category of usage.

2. LEAKAGES BY CATEGORY OF USAGE
Reporting of leakages by category of usage (commercial, industrial cooling, AC, heat pumps, …) is
implemented using the Leaklog software. Summarized amounts of refrigerants by year and category
of usage are shown in Fig. 2. Fig. 2 shows added amounts, amounts of refrigerants in
equipment, percentage of leakage by individual years for all refrigerants and for selected categories
of usage.
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Figure 2: Added amount, refrigerant charge in equipment, and leakage percentage by year and usage
for all refrigerants

2.1.

Survey conditions

In Table 1, SZ CHKT has evaluated leakages from a total of nearly 8 thousand cooling circuits with
different categories of usage with a total charge of nearly 200 tons with average leakage of all
refrigerants at 4.2 % in the year 2017.
More than 55 refrigeration companies have taken part in the survey from the over 250 companies
using the Leaklog software in Slovakia. In total, they reported 181 tons of refrigerants in equipment,
which is approximately 20 % of the total charge of refrigerant in equipment in the Slovak
Republic. The average charge was at 22.6 kg of refrigerant per circuit.
Table 1. Ratio of refrigerant amount in different categories of usage to total charge

Refrige Category of usage – ratio of refrigerant amount on total refrigerants charges
rant
All refrigerants Commercial cooling Air Conditioning Heat pumps Industr. cooling
kg

%

kg

%

kg

%

kg

%

kg

%

All

181252

100

34793

19.2

43313

23.9

4030

2.2

98654

54.4

R134a

29217

100

9619

32.9

4018

13.8

960

3.3

10190

34.9

R404A 26029

100

8213

31.6

0.0

13794

53.0

R407C 86953

100

10198

11.7

12805

14.7

360

0.4

63292

72.8

R410A 38957

100

5492

14.1

24842

63.8

2348

6.0

6228

16.0

0.0

Ratios of refrigerant amount to total refrigerant charges
The ratios of refrigerant amount to total refrigerant charges (181 252 kg) were as follows: R404A
(14.3%), R407C (47.9%), R134a (16.12 %), R410A (21.4 %), others (0.28 %).
The ratios of single categories were the following: Commercial (19.2 %), Stationary AC (23.9 %),
Industrial (54.4 %), Heat pumps (2.2 %).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

541

From these ratios, we conclude that the most relevant results can be expected in Industrial cooling
and Stationary AC, and for refrigerants R134a, R407C and R404A.
2.2.

Total charges and leakages

The highest leakages according to Table 2 are found in commercial equipment (7.1 %), then
industrial cooling (3.6 %), and AC (2.5 %). Heat pumps were exempted from the evaluation due to
comparatively small amounts of refrigerants in included equipment.
Refrigerant R134a, which works with the lowest working pressures, has the lowest leakages in all
categories. Similarly, refrigerant R407C shows lower leaks.
Higher leaks were found with refrigerants R404A and surprisingly also R410A. While R410A works
with the highest pressures, in most categories as in AC, the expected leaks are lower, as indicated
by the lowest average weighted leakage of 2.5 % in Table 2.
Table 2. Refrigerant amounts in equipment by category of usage with average weighted leakages
until 1/1/2018

Refrige
rant

Category of usage – average weighted leakage
All refrigerants

Commercial
cooling

Air Conditioning Heat pumps

Industrial
cooling

kg

kg

%

kg

%

kg

%

kg

%

%

All

181252 4.2

34793

7.1

43313

2.5

4030

7.7

98654 3.6

R134a

29217

3

9619

3.5

4018

0.4

960

3.1

10190 3.5

R404A

26029

11.5

8213

11.5

R407C

86953

2.5

10198

8.6

12805

3.1

R410A

38957

4.3

5492

5.7

24842

3.3

2.3.

13794 11.5
63292 1.2
2348

4.7

6228

7

Comparison of SZCHKT and VDKF results

The introduced results are compared with the results of VDKF (Zaremski, 2016). SZ CHKT has
results from a lower number of circuits and lower amounts of refrigerant included in the assessment
in relation to VDKF. The weighted average leakages published by VDKF are nearly 50 % lower in
total, as well as in the assessed categories of usage of refrigerants. Absolute differences in Table 3
are up to 5 %.
Table 4 shows that by comparing the intensity of leakage by refrigerant, the differences between
VDKF and SZ CHKT are higher – up to 5 %. This can partially be explained by the substantially
lower amounts of refrigerant in equipment entering into the evaluation.
The highest and most surprising difference is with refrigerant R410A, which is mostly, but not only,
charged into AC systems, where leakages are mostly low.
SZ CHKT data has shown 39 % higher total leakages than VDKF in Table 3. These higher
differences are probably due to different numbers of reported data and should be lowered in the near
future.
Table 3. Comparison of leakage amounts by kind of refrigerant between VDKF and SZ CHKT in
the year 2015. Average leakages are compared for all refrigerants by category of usage

Refrigerant

Category of usage– Average weighted leakage in the year 2015
All refrigerants

Commercial
cooling

AC

kg

kg

%

kg

%

kg

%

kg

%

2.7

4030

4.4

99306

4.2

%

Heat
pump

All SZCHKT 198545

4.7 44012

8,3

47123

All VDKF

2.9 786000

3.14

149000 1.42

1740000

Industrial
cooling

81000 0.79
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Table 4. Leakages by refrigerant in the year 2015. SZ CHKT data shows higher leakages at
about 45 up to 84 % than VDKF.

Categories R134a
R404A
R407C
R410A
of
SZ
VDKF ∆% SZ
VDKF ∆% SZ
VDKF ∆% SZ
VDKF ∆%
usage
CHK
CHKT
CHKT
CHKT
T
All
categories
2.4.

5.3 % 2.9 % 45

8.6 %

3.64% 58

4.2 %

1.89% 55

4%

0.67% 84

Summary from leakage assessment by refrigerant

Fig. 2 shows by category of usage that leakages of refrigerants R134a, R407C, R410A and R404A
are in the range from 2.2 up to 9.5 % including accidents. By refrigerant, the amount of leakage is
the lowest for refrigerant R134a, then R407C, and the highest leakages are with refrigerants R410A
and R404A.
The assessment shows that using most important refrigerants R134a, R404A, R407C, R410A, the
average leakage during the assessed period in monitored categories of usage is under 10 %. The
other refrigerants, such as R417A, R422A, R424A, and R507, were found to have higher leakage
rates. They were excluded from the assessment due to the lower amounts of these refrigerants used
in equipment. The resulting percentage of leakage was seen as not statistically significant enough.
Figs. 4–7 show the development of leakage by refrigerant. Figs. 8–11 show the development of
leakage by category of usage in the years 2009–2017.
Price development
Price development of refrigerants in the Slovak Republic copies the price development in the EU. A
rapid increase has started only at the beginning of the year 2017. The trend indicates that refrigerants
with a GWP of over 2500 are becoming more expensive, and there will be a shortage on the market
after the year 2020. The influence of increasing refrigerant prices has not become evident on leakage
development (Figs. 3–11), due to the start only during the year 2017.
Leakage trends by refrigerant reported through Leaklog
Leakage trend of all refrigerants in percentage is decreasing as expected, which is reached with high
probability due to precautions coming out from EU regulations.

Figure 3: The decreasing leakage trend of all refrigerants in percentage
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Leakage rates in Figs. 4–7 have an expected decreasing trend, except for refrigerant R404A. It is
not easy to explain this development, but it is known that commercial cooling, where R404A is mostly
implemented, has the highest leakages. This could be an effort of customers to have a reserve in
store due to the expected lack of R404A and the increasing price.

Figs. 4-7: Leakage rates by refrigerant

Leakage trends by category of usage reported through Leaklog
Leakage rates by category of usage, shown in Figs. 8–11, have an expected decreasing trend,
except for commercial cooling in Fig. 8, where mostly refrigerant R404A is used, probably due to
reserves in customers store.

Figs. 8–11: Leakage rates by category of usage
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Purchase trends of refrigerants reported by all certified companies
Fig. 12 shows total reported data both with and without Leaklog for refrigerants purchased and added
to circuits as new charges and due to leakages. Refrigerants R410A and R407C show a stable trend
and R404A has started decreasing trend in 2015.
This is not the case for the purchased amount of R134a, which fluctuates due to mainly changes in
commercial cooling and car industry.

Figure 12: Development trend of refrigerant purchases in tons per year. The trend is mostly stable
except for the fluctuating purchases of R134a influenced by the car industry. R404A has started
decreasing trend in 2015

leaklog.org
Orange
Okruh
0001 (Chladenie
servera)
Chladivo
10 kg R134a
Scan QR code for information on last inspections.

Service Companies

Operators

Figure 13: SZ CHKT introduced a new service named Leaklog.org that enables service companies and
operators to share information about inspections of cooling equipment. Labels with QR codes placed
on equipment link to logbooks with up-to-date information
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2.5.

Extension of Leaklog for equipment owners and operators

In response to upcoming regulations, SZ CHKT launched an extension of the Leaklog software built
for equipment owners and operators intended to enable collaboration and data sharing with service
companies. This new web-based solution integrates with existing Leaklog databases managed by
service companies and provides an electronic logbook of circuits and inspections for owners and
operators.
As shown in Fig. 13, the system offers fast access to circuit data for authorized persons via QR code
labels attached to the equipment. The solution aims to replace the existing paper-based workflow
and encourage companies to maintain detailed and high-quality data.

3. CONCLUSIONS
Decreasing trend of leakages was confirmed according to data reported through the program
Leaklog, which, in the evaluated years, was not influenced by the increasing price of refrigerants or
by the lack of refrigerants. Similarly, a decreasing trend was confirmed in the analysis of purchased
refrigerants and amounts of refrigerants added to circuits in place of leaked refrigerants.
Comparison of the leakage size according to IPCC methodology from the year 2006 and also EU
regulations on F gases has shown, that implemented precautions enabled a decrease in refrigerant
consumption and also a decrease of refrigerants consumption added in place of leaked refrigerants.
Leaklog enables logging and aggregation of not only summarized amounts of leakages, but also
refrigerant usage per cooling circuits and by category of usage. Latest extensions of Leaklog enable
service companies to easily share information from inspections with operators and/or owners of
cooling circuits.
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ABSTRACT
Caloric refrigeration and heat pumping play important roles in a potential future substitute for vapourcompression technology. Although caloric refrigeration is foreseen as one of the most promising
alternatives, the current low power density of caloric devices represents a serious hurdle to
overcome prior to market applications. In order to improve the power density, the number of
thermodynamic cycles per unit of time, denoted as the frequency, has to be increased. Thermal
switch mechanisms, which act as a control element for the heat flux, represent a promising solution.
They can enable the operation of caloric devices at up to an order higher frequencies compared to
existing devices and their principles. This review covers the principles of microfluidic mechanisms
that have already been or can be applied as active thermal switches in caloric technologies. The
article can serve as a guideline for the future development of compact caloric devices.
Keywords: Refrigeration, Thermal switch, Magnetic refrigeration, Electrocaloric cooling,
Elastocaloric cooling, Heat pump, Heat transfer.

1. INTRODUCTION
Caloric refrigeration and heat pumping are considered as important alternatives to existing vapourcompression technologies at room temperature (Brown and Domanski, 2014, Goetzler et al., 2014).
Caloric technologies are divided into four groups, based on the driving mechanisms inducing the
caloric effect: magnetocalorics (magnetic field), electrocalorics (electric field), elastocalorics (force)
and barocalorics (pressure). Materials exhibiting more than one caloric property are called
multicaloric.
Due to the many unsolved questions, especially regarding efficient heat transfer and fluid dynamics,
the current power density of caloric devices is still lower than that of vapour-compression systems.
In order to increase it, the frequency of operation for caloric devices (the number of thermodynamic
cycles per unit of time) has to be higher. A promising solution is mechanisms that act as a control
element for the heat flux: thermal switches (TSs), thermal diodes, thermal regulators and thermal
transistors. The extensive research efforts to find an appropriate thermal control elements in calorics
have been underway since 2009 (Epstein and Malloy, 2009, Kitanovski and Egolf, 2010), but the first
idea of implementing thermal control element was introduced for the first time by Basiulis et al. in
1988.
This paper presents a selection of the possible principles for fluidic thermal switches that have
already been presented in calorics as well as in other different applications, e.g., electronic cooling,
microelectromechanical systems (MEMS) or microfluidics. A selection of the best candidates and
the proposed future development directions are based on meeting the requirements and the
applicability with respect to a caloric device and the required technology readiness level.

2. THE APPLICATION OF THERMAL CONTROL ELEMENTS TO CALORICS
A change in the external applied magnetic, electric, stress or pressure field induces a temperature
change in a caloric material. When an external field is applied to a caloric material under adiabatic
conditions, its temperature increases with an adiabatic temperature change dTad and, conversely,
when the external field is removed, its temperature decreases by dTad. After each process of the
adiabatic temperature change, heat is transferred either between the caloric material and the heat
sink or between the caloric material and the heat source. The majority of caloric devices operate
continuously by repeating this thermodynamic cycle by applying an active caloric regenerator. The
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active caloric regenerator is a porous structure of caloric material, through which the working fluid
flows in an oscillatory, counter flow manner. Even though the active caloric regenerative process is
one of the best currently applied solutions, this approach is limited by the operating frequency. The
alternatives to active heat regeneration process in calorics, which enable higher operating
frequencies, are thermal control elements, especially TSs.
The operation of TS in caloric devices is only efficient if the periodic change in the temperature of
the caloric material is coupled with heat transfer to the heat sink or from the heat source. When the
temperature of the caloric material rises above the temperature of the heat sink, the heat has to be
guided to the heat sink, while the heat-flow rate from the caloric material to the heat source should
be as small as possible. In contrast, when the material in the next process is cooled below the
temperature of the heat source, the heat flux has to be enabled only from the heat source to the
material. For this reason, usually two TSs are needed in caloric technologies, “A” and “B” (Kitanovski
et al., 2015a). TS “A” links the caloric material with the heat sink and “B” links the caloric material
with the heat source, as presented in Fig. 1. TS could be replaced by a thermal diode, a thermal
regulator or a thermal transistor in a similar way.
In analogy to electrical diode, thermal diode rectifies the heat current: the magnitude of the heat flow
changes when the polarity of temperature difference between the terminals is switched. The closer
look to the transfer function (𝑄̇ vs. ∆𝑇) of thermal diode reveals nonlinearity and asymmetry. The
electric analogy to thermal regulator is variable resistor. Its transfer function is also nonlinear, but
steeper than that of the thermal diode. Thermal diodes and thermal regulators are materials; whose
thermal conductivity is temperature dependent. In contrast to the operation of a thermal diode or
thermal regulator, an external force or field drives the TS between the “on” and “off” states. The “on”
and “off” state denote the state of lower and higher thermal resistance. Due to the static position of
the heat sink, the heat source and the caloric material, a TS in calorics consists of another (solid or
fluidic) element, which is usually moved between the caloric material and the heat sink or the heat
source. The application of a TS in calorics is presented in Fig 1, a) for a heated and b) for a cooled
caloric material. The yellow colour denotes the “on” state of the switch and white (blank), the “off”
state, because the switch is could be moved away during the “off” state. The black arrows define the
heat-transfer direction, while the number of arrows represents the magnitude of the heat flux.
When the switch is “on”, the heat-flux between the opposing surfaces should be a maximum, and
when the switch is “off”, there should be a minimum heat-flux between the opposing surfaces. TS
“A” makes or breaks the thermal contact between the caloric material and the heat sink, and TS “B”,
between the heat source and the caloric material. They operate in opposite phase: when “A” is “on”,
“B” is “off”.

Figure 1: Heat transfer between a) heated and b) cooled caloric material and heat source/sink with
implemented TSs

The typical characterization factor for a TS’s operation is the switching ratio, which is the ratio of the
thermal resistance r in KW-1 between the “on” ron and the “off” roff state, as defined in Eq. (1):
−1
𝑅 = 𝑟𝑜𝑓𝑓 ∙ 𝑟𝑜𝑛

Eq. (1)

A higher ratio of thermal resistances means a better TS, as the difference between the heat-flux for
the “on” and “off” states is larger.

3. REVIEW OF THE PRINCIPLES OF A THERMAL SWITCH
Different potential mechanisms of thermal control elements for magnetocaloric technologies were
already presented in (Kitanovski et al., 2015b). The principles in this paper were divided into groups
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based on the external actuation mechanisms that directly influence the fluid movement: mechanical,
electrical and magnetic actuation. The operation of each mechanism is described and schematically
presented in figures.
3.1.

Mechanical actuation

3.1.1. Micro-droplet array
Fluids can be applied to lower the contact resistance between the solid-solid interface in
mechanically actuated TSs. This usually involves a micro-droplet array on an interface, which
enables reversible hydrophobic/hydrophilic fluid transitions. The surface covered with droplets is
mechanically moved to make or break contact with two opposing surfaces. The concept for calorics
is presented in Fig. 2 a) for a heated and b) for a cooled caloric material. The droplets undergo a
reversible morphological transition into an almost or a continuous liquid film when they are
mechanically compressed by an opposing substrate.

Figure 2: Heat transfer between a) heated and b) cooled caloric material and heat source/sink with
the implemented TS of a micro-droplet array. The figure was reconstructed from Jia et al. (2012), Cho
et al. (2007) and Cha and Ju (2009)

The thermal resistance between two solids therefore changes from the thermal resistance of the
surrounding gas during the “off” state, to the thermal resistance of the fluid during the “on” state. A
high thermal resistance ratio R can be achieved, for example, using a combination of liquid-metal
droplets and the low thermal conductivity of the surrounding gas. The surface was prepared in
different ways, e.g. Jia et al. (2012) and Cho et al. (2007) lithographically patterned hydrophilic
islands on silicon substrates for glycerol or mercury droplets, while Cha and Ju (2009) proposed
separated hydrophilic micro-channels for water.
3.1.2. Liquid/gas bridge and droplet/plug displacement
Using pumps or pistons we can create a liquid (Jeong et al., 2012) or gas bridge by controlling the
volume flow through the entering channel between the caloric material and the heat source/sink. The
generated liquid or gas bridge increases the heat-flux due to the lower thermal resistance of the
working fluid, which is denoted as the “on” state, as presented in Fig. 3 I. The liquid bridge is broken
during the “off” state, while the thermal resistance is higher. A piston or a pump can be applied to
displace a drop of different fluid between two different positions, as presented in Fig. 3 II. Yang et al.
(2018) implemented the hydraulic actuation of a liquid-metal galinstan droplet into a channel filled
with aqueous NaOH. The droplet was alternatively moved between the “on” and “off” positions. When
in the “on” position, the heat flux was established between the caloric material and the heat
source/sink. They also tested the gravitational actuation by tilting the channel at small angles. Fig. 3
II, a) denotes the operation when the caloric material is heated and 3 II b) when it is cooled.

Figure 3: Heat transfer between a) heated and b) cooled caloric material and heat source/sink with an
implemented TS using the liquid-bridge principle (I) and the droplet/plug displacement principle (II).
The figure I was reconstructed from Jeong et al. (2012) and the figure II from Yang et al. (2018)
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3.1.3. Continuous plug flow
Another type of micro-pump application is to provide a continuous plug flow of two different phases
– a combination of fluids with high and low thermal conductivity. Hirasawa et al. (2016) implemented
such a thermal switch in electrocalorics, where they alternatively pumped water and an air flow
through multiple heat sinks and another under the caloric material elements connected to multiple
heat sources, as presented in Fig. 4. The water and the air flow were coupled with a temperature
change of the caloric material. Water was flowing through the channel when the switch was “on”,
and during the “off” mode, the air flow lowered the heat-flux between the caloric material and the
heat source/sink. The flows in the channel above and in the channel under the caloric material were
of opposite phase. Therefore, in the upper channel the water was hot, while it was cold in the lower
channel.

Figure 4: Operation of a TS of air and water plug flow for multiple caloric material elements, heat
sources and heat sinks. The figure was reconstructed from Hirasawa et al. (2016)

3.2.

Magnetic actuation

3.2.1. Ferrofluidic plugs
Fluid displacement in the micro-channel can be induced by the actuation of ferrofluids in microchannels by external magnets. As presented by Hartshorne et al. (2004) ferrofluidic plugs can be
used as an alternative to pumps or pistons. Another option is to move the ferrofluidic plug, which has
a higher thermal conductivity than the surrounding liquid, between two positions and so establish a
liquid bridge, similar to the hydraulic displacing presented by Yang et al. (2018) in Fig. 3 II. An
example of a ferrofluidic plug actuated by external magnets was presented by Yamahata and Gijs
(2004) in Fig. 5 I and Jeon et al. (2017). Similarly Puga et al. (2017) implemented a magnetic
nanofluid to a thermal switch, where in the presence of a magnetic field, the nanofluid moved towards
the heat sink (“on” state) and remained still when in the “off” state. In this way, the heat is transferred
from the caloric material to the heat sink or from the heat source.

Figure 5: Use of a ferrofluidic plug for fluid displacement by external magnets (I). Vertical magnetowetting actuation (II) for a) heated caloric material and b) cooled caloric material. Part III presents the
operating sequence for the horizontal magneto-wetting actuation (III). The figure was reconstructed
from Yamahata and Gijs (2004), Jeon et al. (2017), Puga et al. (2017), Nguyen et al. (2010) and Afkhami
et al. (2010)

3.2.2. Magneto-wetting
Another type of magnetic actuation is magneto-wetting, where the surface tension of the fluid is
manipulated by an external magnetic field. In this way, the shape of the liquid droplet is modulated
to make or break the physical and thermal contact with the heat-transfer surfaces. There are two
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main directions of droplet moving, i.e., vertically and horizontally, as presented in Fig. 5 II and III.
Nguyen et al. (2010) and Afkhami et al. (2010) analysed the shape, motion and contact angles of
ferrofluid droplets driven by a permanent magnet on a planar homogeneous surface. The ferrofluid
was a water-based colloidal suspension of magnetic nanoparticles. Fig. 5 II presents a sequence of
horizontal movements of the droplets between the caloric material and the heat source/sink. In
magneto-wetting the heat is transferred from the caloric material to the heat sink or from the heat
source by droplets, which make or break the thermal contact between the opposing surfaces and
carry the heat.
3.3.

Electrical actuation

The electrical manipulation of fluids in microsystems can be divided into two groups: the continuousflow microfluidics and digital microfluidics. The continuous-flow microfluidics represents
electrohydrodynamics and electrokinetics (e.g. electroosmosis, electrophoresis), where fluid
continuously flows through a channel, while the digital microfluidics represents manipulation of the
liquid subdivided into droplets (e.g. electro-wetting).
Hehlen et al. (2013) implemented electrohydrodynamic flows in dielectric fluids as thermal switch in
electrocaloric refrigerator. They established convective heat transfer by applying electric field across
the 500 µm thick gap of commercial hydrofluoroethers. The best achieved switching ratio between
conductive and convective heat transfer was 4.7 at 390 V of bias voltage. The operation of the device
is presented in Figure 6.

Figure 6: The convective heat transfer is occurred due to applied electric field. The figure was
reconstructed from Hehlen et al. (2013)

Epstein and Malloy (2009) and Melo et al. (2016) presented thermal switch using nematic liquid
crystals. The thermal conductivity of liquid crystal depends on orientation of molecular director. The
application of electric field orientates the molecular director and changes thermal conductivity as
presented in Figure 7.

Figure 7: Thermal switch of nematic liquid crystal. The figure was reconstructed from Epstein and
Malloy (2009) and Melo et al. (2016)

Electro-wetting is a process similar to magneto-wetting, only that the surface tension of the fluid is
manipulated by an external electric field. Therefore, the principle is the same as presented in Fig. 5
I and II. Electro-wetting can be divided into electro-wetting on a dielectric (EWOD), electro-wetting
on insulator-coated electrodes (EICE) and electro-wetting on line electrodes (ELE). If the process
activates the movement of a droplet, we denote that as electro-capillary flow. In this paper we
focused on EWOD only, since there are more applications. Cha et al. (2016) and Gong et al. (2008)
demonstrated the actuation of liquid droplets between the beading and spreading states by using a
pair of co-planar electrodes, where the ground and bias electrodes were constructed on the same
plate. Another option for moving droplets is horizontally within the micro-channel with electrodes
positioned on two opposing surfaces of the micro-channel. Kim and Wu, (2005) drove a liquid-metal
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droplet in a micro-channel filled with a dielectric fluid. Similar to magneto-wetting, the heat carriers
in this TS are manipulated droplets.

4. CONCLUSIONS
A selection of the best candidates and future development directions for caloric TSs at room
temperature are based on matching the operating requirements and the applicability of the switch to
the caloric device and the technology readiness level. The technology readiness level of the
described mechanisms is high, due to increased basic and applied research and rapid prototyping
in controlling the heat-flux in electronics, MEMS and microfluidics (Paredes et al., 2015, Morbioli et
al., 2018). Most of the presented prototypes in this article were only proof-of-concept devices, so
further modifications would improve the switching ratios and the switching time. In addition, they
were not built for caloric technologies; therefore, they were not planned or tested at high operating
frequencies and tested under operating conditions of caloric device.
In order to characterize the applicability of the presented TSs, we compared the parameters
presented in Table 1. The most important parameters are the ratio of the thermal resistance and the
switching time. The appropriate TS would have a high thermal resistance ratio and fast operation~
of order of milliseconds.
Table 1. Operating parameters for most applicable thermal switches in caloric technologies

Switching
time
[ms]

Name

R [/]

Description

Cho et al.
(2007)

129 ± 43

Mechanical actuation (micro droplet array):
mercury droplets on a silicon substrate surrounded by
xenon, gap 100 µm wide

Jia et al.
(2012)

100

Mechanical actuation (micro droplet array):
glycerol droplets surrounded by air on a silicon substrate

Yang et al.
(2018)

70

Mechanical actuation (plug displacement):
dry 0.9-mm-wide channel with galinstan droplet,

/

Jeong et al.
(2012)

1.38

Mechanical actuation (liquid bridge):
33.3 µl of water liquid bridge pumped to a 6.25-mm high
gap to establish heat transfer between two surfaces

/

Hirasawa et
al. (2016)

/

Mechanical actuation (continuous plug flow):
numerical simulation of water and air plug flow in a channel
of thickness 100 µm

100

Puga et al.
(2017)

2.6

Magnetic actuation (magnetic nanofluid):
nanofluid actuated by external magnet in a 1-cm-high gap

33.3

Cha et al.
(2016)

2.4
2.7

Electrical actuation (electrowetting):
vertical EWOD with coplanar electrodes and water
vertical EWOD with coplanar electrodes and mercury

<100
100

Hehlen et
al. (2013)

4.7 ± 1.1

Electrical actuation (electrohydrodynamics)
500 µm gap of hydrofluoroethres, 390 V bias voltage

4000

<100
333

We present here directions for the future implementation of a TS in caloric technologies. Thermal
switch, which enables energy efficient operation of caloric device, should meet the following
requirements:
- no or minimal moving parts,
- no or minimal heat generation due to the actuation,
- minimal thermal capacity,
- high switching frequency – above 40 Hz,
- ratio of thermal resistances above 20 (single switch) and above 100 (cascade switches),
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-

heat flux transmission above 1 W/cm2
life expectancy of more than 106 cycles.

Thermal control elements are seen as promising solutions for increasing the operating frequency
and the energy efficiency of caloric devices. Especially because of the rapid improvement in microprocessing and the fabrication of micro-scale devices, various mechanisms and a variety of different
processing methods thermal control elements are available at low cost. However, further basic and
applied research has to be performed in order to successfully implement thermal control elements
in caloric device that would outperform a conventional caloric device operating with the activemagnetic-regeneration principle.
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NOMENCLATURE
R
dTad
Tmc

ratio of thermal resistances between
r
the “on” and “off” state
adiabatic temperature change [K]
T
temperature of caloric material [K]

thermal resistance [K/W]
Temperature [K]
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ABSTRACT
During loading ice stores, an ice layer forms on the heat exchanger surface once the surface reaches
nucleation temperature. The growing ice layer increases the heat conduction resistance; the loading
performance decreases.
In this work, the loading performance shall be optimized by changing the surface structure of the
heat exchanger to lower the nucleation temperature. The ice store is loaded with an ice-free heat
exchanger while ice grows apart from the heat exchanger.
The nucleation temperatures of heat exchangers of different materials with different surface roughness’s and hydrophobic plasma coatings are examined in a model ice store. Furthermore, the
nucleation temperatures of the heat exchanger surfaces are calculated using the classical nucleation
theory and are compared to the experiments.
It is shown that the smoothest heat exchanger surface with a hydrophobic plasma coating lowers
the nucleation temperature best. The loading performance is optimized.
Keywords: Coating (Materials), Cooling Load, Icing, Nucleation, Supercooling, Surface Temperature

1. INTRODUCTION
Renewable energies should be used for energy supply to minimize the climate change. The
fluctuating supply of renewable energy sources requires energy storage to uncouple the energy
demand from the energy supply. One possibility of energy storage is to use ice stores in combination
with a cooling device for the air conditioning of buildings. They are used as thermal storages to
increase the availability of the cooling supply. At the Institute of Thermodynamics and Thermal
Engineering (ITW), an ammonia-water chiller was developed for solar cooling in combination with an
ice store. By using ammonia as refrigerant, cold water temperatures of less than 0 °C are reachable
and ice growth is possible. The ice store uncouples the cooling supply from the solar radiation and
allows a more regular operation of the absorption chiller (Koller et al. 2007; Koller et al. 2012;
Zetzsche et al. 2010). Ice stores are characterised by a high storage capacity because of the high
enthalpy of fusion of ice of 333 kJ/kg, and small thermal losses. During loading ice stores, an ice
layer forms on the heat exchanger surface when the surface temperature comes below the
nucleation temperature. The growing ice layer increases the heat conduction resistance; the loading
performance of the ice store decreases.
The idea in this work is to control the nucleation mechanism by modifying the heat exchanger’s
surface. Ideally, the water in the ice store can be supercooled while the ice growth is initiated at
nucleation spots apart of the heat exchanger surface. This leads to a better loading performance of
the ice store. The storage capacity increases because the ice store can be frozen with smaller heat
exchangers.
In this paper, the influence of the surface structure and material on the nucleation temperature is
examined. The nucleation temperature of the heat exchanger surface is calculated using the
classical nucleation theory. The fundamentals of the model for the nucleation temperature calculation
and theoretical results are discussed. Furthermore, the nucleation temperature is examined
experimentally by measuring the maximum supercooling of the storage water during a loading
procedure of a model ice store. First preliminary results of the experiments will be presented.
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2. MODELLING OF THE NUCLEATION TEMPERATURE
Nucleation can occur homogeneously or heterogeneously. In the ice store, heterogeneous
nucleation exists on the heat exchanger surface, as the heat exchanger surface is the coldest part
in the ice store; see Fig. 1.

Figure 1: Ice nucleus on the heat exchanger tube in an ice store

The nucleation temperature is calculated in EES (Engineering Equation Solver) using the classical
nucleation theory. This theory traces back to the work of Volmer and Weber (1926), Farkas (1927),
Becker and Döring (1935) and Volmer (1939). The theory was developed for condensation, e.g. the
phase change from vapour to liquid. Turnbull and Fisher (1949) transferred it to the phase change
from liquid to solid, as it is for ice nucleation in supercooled water. Fundamental assumptions of the
theory are a spherical nucleus; density and surface tension can be described with macroscopic
values. Further standard works used for the following remarks are from Fletcher (1958), Dufour and
Defay (1963), Defay and Prigogine (1966), Fletcher (1970), Hobbs (1974), Debendedetti (1996),
Pruppacher and Klett (1997), Kashchiev (2000) and Vehkamäki (2011).
For the growth of an ice nucleus in supercooled water, molar reorientations at constant pressure and
temperature occur. Water-to-water bonds are broken and water-to-ice bonds are created. A water
molecule has to break away from its equilibrium position in water and find its equilibrium position in
the ice structure. For the diffusion of the water molecule across the water-ice-boundary layer an
activation energy must be overcome. The nucleation rate specifies the rate that a built nucleus grows
by molecule flow and initiates phase change. The nucleation rate defines how many critical nuclei
are built within a second in a defined volume. The heterogeneous nucleation rate 𝐽 in supercooled
water is defined by Eq. (1).
𝐽

𝑁 ∙𝑘 ∙𝑇
ℎ

4∙𝜎
∙
𝑘 ∙𝑇

𝑣
∙
𝑣

,

∆
∙

∙𝑒

∙𝑒

∆
∙

Eq. (1)

0 °𝐶 is
During loading an ice store with the water volume 𝑉 , , the time when the water has 𝑇
𝑡 . The time when the nucleation temperature 𝑇 is reached is 𝑡 . Then ice growth starts. Assuming
that water freezes when one critical nucleus is built, Eq. (2) is valid.
𝑉
With a constant cooling rate 𝐶
(3).

,

∙𝐽

∙ 𝑑𝑡

Eq. (2)

1

𝑑𝑇/𝑑𝑡, the nucleation temperature 𝑇 can be calculated by Eq.
𝑉

,

𝐶

𝐽

∙ 𝑑𝑇

1

Eq. (3)

For the specific volume of water 𝑣 , the specific enthalpy of fusion of ice ∆ℎ , the interfacial tension
between water and ice 𝜎 , , the free activation energy for the diffusion of a water molecule
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through the ice-water-boundary-layer ∆𝐹 , correlations from the literature listed above are used. The
free energy of formation of a critical nucleus for heterogeneous nucleation ∆𝐹
is calculated by
Eq. (4):
∆𝐹

1
∙ 𝜎
3

∙𝐴

,

𝜎

,

∙𝐴

,

𝜎

,

,

∙𝐴

,

Eq. (4)

The contact area between water and heat exchanger equals, after the ice nucleus growth, the
contact area between ice and heat exchanger, see Eq. (5).
𝐴

𝐴

,

Eq. (5)

,

The equation of Young describes the equilibrium of forces on a drop in a thermodynamic equilibrium.
According to Young, a correlation exists between the contact angle 𝜃 and the interfacial tensions;
see Eq. (6).
𝜎

cos 𝜃

𝜎

,

𝜎

,

Resulting Eq. (7) for the free energy of formation ∆𝐹

:

∆𝐹

1
∙𝜎
3

,

𝐴

,

,

𝐴

Eq. (6)

,

∙ cos 𝜃

Eq. (7)

The contact areas between water and ice and the heat exchanger depend on the structure of the
heat exchanger surface. The surface of a rough heat exchanger can be convex or concave; the ice
nucleus can grow on a peak or in a notch, see Fig. 2. Besides, in Fig. 2, the geometrical coherences
of an ice nucleus growing on a rough heat exchanger surface are visible.

Figure 2: Critical ice nucleus in water on a rough heat exchanger surface for heterogeneous
nucleation

The surface area of the ice lens 𝐴 ,
(i.e. the contact area between water and ice) and the contact
area between ice nucleus and heat exchanger surface 𝐴 , are calculated by Eq. (8) and (9). The
radius of the ice nucleus 𝑟, the contact angle 𝜃, the curvature radius of the heat exchanger surface
𝛽 and the position angle of the ice nucleus 𝛼 are used.
𝐴

2𝜋𝑟 ∙ 1

,

𝐴

,

𝜋∙𝑟 ∙

cos 𝛼
sin 𝛼
𝛽
sin
2

Eq. (8)

Eq. (9)

It results Eq. (10) for the free energy of formation of a critical nucleus for heterogeneous nucleation
∆𝐹 .
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Comparing the free energy of formation of a critical nucleus for heterogeneous nucleation in Eq. (10)
∙ 𝜎 , ∙ 𝜋 ∙ 𝑟 ), it turns out in Eq. (11) that the free energy
to homogeneous nucleation (∆𝐹
of formation for heterogeneous nucleation is the free energy of formation for homogeneous
nucleation multiplied by the geometry factor 𝑓 𝛽, 𝜃 (Li et al. 2017).
∆𝐹

𝑓 𝛽, 𝜃 ∙ ∆𝐹
1
𝛽
2 3 sin
4
2

𝜃

𝛽
2
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𝜃

𝛽
2

cos

𝜃 ∙ cot

Eq. (11)

𝛽
∙ ∆𝐹
2

The boundary conditions for the formation of a stable nucleus in a notch of the heat exchanger
surface are listed in Eq. (12)
0

𝛽
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𝛽
2

𝜃

𝛽
2
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𝛽

𝛼

Eq. (12)

0°

The boundary conditions for a stable ice nucleus on a peak of the heat exchanger surface are defined
in Eq. (13).
180°

𝛽

360°

𝛽
2

90°

𝜃

𝛽
2

270°

180°

𝛼

𝛽

180°

Eq. (13)

Figure 3: Free energy of formation of a nucleus ∆𝐅 depending on the radius of the nucleus 𝒓 for
different supercoolings ∆𝑻

The free energy of formation of an ice nucleus ∆𝐹 consists of the required energy to build the new
surface of the growing ice nucleus and the gained volume work by releasing the enthalpy of fusion
of ice. The free energy of formation of a nucleus versus the nucleus radius for different supercooling
is drawn in Fig. 3. For the formation of a critical nucleus, the free energy of formation has its maximum
and the critical radius 𝑟 is:
𝑟

2∙𝜎
∆ℎ ∙

∙𝑣
𝑇

,

𝑇
𝑇

Eq. (14)

The nucleation temperature of the heat exchanger surface during the cooling process of the ice store
can be calculated considering all these information’s in Eq. (3). The values of the model ice store for
experimental investigations are used for the theoretical calculation.
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3. THEORETICAL RESULTS FOR THE NUCLEATION TEMPERATURE
Fig. 4 shows the geometry factor 𝑓 𝛽, 𝜃 and the nucleation temperature 𝑇 versus the contact angle
𝜃 for different angles of curvature of the heat exchanger surface 𝛽, calculated with the above
presented model in EES. Exemplary geometrical cases for the formation of stable ice nuclei on heat
exchanger surfaces with varied curvature angles 𝛽 and varied contact angles 𝜃 are presented in
Table 1.

Figure 4: Geometry factor and nucleation temperature over the contact angle 𝜽 for different angles of
curvature of the heat exchanger surface 𝜷
Table 1: Exemplary cases for the formation of stable ice nuclei on heat exchanger surfaces with
varied curvature angles 𝜷 and varied contact angles 𝜽
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The nucleation temperature is lowest when homogeneous nucleation can occur. Therefore, the geometry factor must be one. This is the case for decreasing 𝛽 and growing 𝜃. Then, the contact area
between ice and heat exchanger is small and nearly a full ice sphere has to be built. The minimum
reachable nucleation temperature is 246 K for a heat exchanger surface with the most pointed peak.
However, such a heat exchanger surface also forms a narrow notch where nucleation is initiated
already at a low supercooling. Therefore, it is best for the lowering of the nucleation temperature to
use the smoothest heat exchanger surface (𝛽 0°) with the largest possible contact angle (𝜃 →
180°).

4. EXPERIMENTAL RESULTS FOR THE NUCLEATION TEMPERATURE
The experimental setup was presented by Oechsle and Spindler (2016). In a model ice store filled
with ultrapure water, demineralized water or tap water different heat exchanger tubes are examined.
They differ in their materials (copper, aluminium, stainless steel), their surface roughness’s 𝑅 and
𝑅 (electropolished, sandblasted) and their surface plasma coatings. Ethanol flows through the heat
exchangers. At the beginning of a loading procedure of the model ice store the ethanol and the water
have a temperature of 7 °C. Then, the temperature of the ethanol is set to -2 °C for 6 hours. Afterwards the temperature is reduced in steps of 0.1 K every 30 minutes until ice growth starts at the
heat exchanger surface. The minimum water temperature in the model ice store is measured. This
𝑇 and approximately to the nucleation
leads to the maximum supercooling of the water ∆𝑇 𝑇
temperature 𝑇 . For each heat exchanger with each water quality, 10 experiments are done and the
mean nucleation temperature is defined. The characteristics of the different heat exchangers are
listed in Table 2. First preliminary experimental results for the maximum supercooling reached with
the different heat exchangers are listed in Table 3.
Table 2: Characteristics of the different heat exchanger surfaces

Heat exchanger surfaces
Electropolished

Copper (Cu)
𝑹𝒂 [μm] 𝑹𝒁 [μm]

Aluminium
𝑹𝒂 [μm] 𝑹𝒁 [μm]

Stainless steel
𝑹𝒂 [μm] 𝑹𝒁 [μm]

0.280

1.786

0.238

1.615

1.07

6.56

0.3

0.705

-

-

-

-

Middle sandblasted

0.985

1.945

-

-

-

-

Electropolished and
plasma coated (𝜽 𝟖𝟔. 𝟑°)

0.102

0.636

-

-

-

-

Fine sandblasted

Table 3: Mean maximum reached supercooling with the different heat exchangers during a loading
procedure of the model ice store

Heat exchanger surface

Ultrapure
water

Demineralized
water

Tap water

Cu electropolished

0.9 ± 1.0 °C

0.3 ± 0.5 °C

1.3 ± 0.2 °C

Cu fine sandblasted

0.9 ± 0.4 °C

-

-

Cu electropolished and plasma coated

1.3 ± 0.4 °C

1.0 ± 0.4 °C

2.2 ± 0.3 °C

It turns out, that the smooth electropolished copper surface with plasma coating reaches the highest
supercooling. That means it lowers the nucleation temperature best. The lightly alkaline tap water
(𝑝𝐻 ~ 8.2 allows a higher supercooling than the lightly acidic ultrapure water (𝑝𝐻 ~ 6.5 . The
neutral demineralized water (𝑝𝐻 ~ 7.4 leads to the lowest supercooling. The ultrapure water has
an electrical conductivity of 0.24 0.4 𝜇𝑆 ∙ 𝑐𝑚 , demineralized water of 10.8 13.3 𝜇𝑆 ∙ 𝑐𝑚 and
tap water of 281 331 𝜇𝑆 ∙ 𝑐𝑚 .
Detailed water analyses regarding the electrical conductivity, the pH number and the chemical and
biological composition will follow. Furthermore, the contact angle of each heat exchanger surface
has to be defined in the following research.
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5. CONCLUSION AND OUTLOOK
The comparison between experimental und theoretical results for the nucleation temperature shows
a good qualitative agreement. The smoothest heat exchanger surface with a hydrophobic plasma
coating lowers the nucleation temperature best. The loading performance is optimized.
Regarding the quantitative values, a detailed comparison has to be done. From the roughness
profiles of the different heat exchanger surfaces, the angle of curvature of the heat exchanger
surface 𝛽 has to be calculated. The different materials or plasma coatings define the contact angle
𝜃, that has to be determined. Then, the nucleation temperature of each heat exchanger surface can
be calculated and compared to the nucleation temperatures reached experimentally.
Further experiments will be conducted with the parameter variation of the heat exchanger surface
listed in Table 2.

NOMENCLATURE

𝐶
𝑓 𝛽, 𝜃

Contact area between ice nucleus
and heat exchanger (m²)
Contact area between ice nucleus
and water (m²)
Contact area between water and
heat exchanger (m²)
Cooling rate (5,6×10-5 K×s–1)
Geometry factor

ℎ

Plank constant (6.626×10-34 J×s)

∆𝐹

Heterogeneous nucleation rate
(m-3×s-1)
Boltzmann constant
(1.381×10-23 J×K-1)

∆𝐹

𝐴

,

𝐴

,

𝐴

,

𝐽
𝑘
𝑁
𝑟
𝑟
𝑡
𝑡
𝑡
𝑇
𝑇
𝑇

Number of water molecules in
contact with ice surface
(5.3×1018 m-2)
Radius of ice nucleus (m)
Critical radius of ice nucleus (m)
Time (s)
Time when the water has 𝑇
0 °𝐶
(s)
Time when the water has 𝑇 (s)
Temperature (K)
Melting temperature of water
(273.15 K)
Water temperature (K)

𝑇

Nucleation temperature (K)

𝑣

Specific volume of ice (m³×kg-1)

𝑣

Specific volume of water (m³×kg-1)

𝑉

,

∆𝐹

∆𝐹
∆𝐹
∆ℎ
∆𝑇
𝛼
𝛽
𝜃
𝜎

,

𝜎

,

𝜎

,

Water volume in the ice store (m³)
Free energy of formation of a nucleus
(J)
Free activation energy for the diffusion of a water molecule through the
water-ice-boundary layer (J)
Free energy of formation of a critical
nucleus (J)
Free energy of formation for a critical
nucleus for heterogeneous nucleation
(J)
Free energy of formation for a critical
nucleus for homogeneous nucleation
(J)
Specific enthalpy of fusion of ice
(J×kg-1)
Supercooling (K) 𝑇
𝑇
Position angle of the ice nucleus (°)
Angle of curvature of the heat
exchanger surface (°)
Contact angle (°)
Interfacial tension between water and
ice nucleus (J×m-2)
Interfacial tension between ice
nucleus and heat exchanger (J×m-2)
Interfacial tension between water and
heat exchanger (J×m-2)
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ABSTRACT
Throttling loss is a major source of inefficiencies in a typical refrigeration system. Expanders have
been proposed and studied to recover the expansion work previously. In this study, a four-vane
rotary expander is developed and will be tested in an R22 refrigeration system. The expander will be
installed in combination with an expansion valve to allow for refrigerant flow adjustments. Preliminary
experiments were carried out using compressed air as the working fluid to study the expander. The
experiments show that the maximum isentropic efficiency was 19% at 561 rpm, the maximum
volumetric efficiency was 30% at 1264 rpm and the maximum mechanical efficiency was 7% at 561
rpm. A simulation model was also developed to observe the COP improvements in the modified R22
refrigeration system. The simulation results show that the COP improvements were 2.5-6% and 3.58.5% on the heating and cooling sides, in comparison with the benchmark system without an
expander.
Keywords: Refrigeration, R22, Expander, Energy, Rotary Vane, Efficiency.

1. INTRODUCTION
Since the mid-20th century, the level of increase in the concentration of greenhouse gasses has
been unprecedented (Nakicenovic, 2007). Power generation is one of the major contributors to
greenhouse gas emissions (Core Writing Team et al., 2014). In developed countries, building energy
use has surpassed the other major sectors such as industrial and transportation (Hossain et al.,
2015).

Figure 1 (a): Conventional vapour
compression system

Figure 1 (b): Modified vapour
compression system

There has been a steady increase in the energy consumption for both the residential and commercial
buildings. The primary consumer of energy in buildings is the Heating and Air Conditioning systems.
For example, in the United States, it accounts for 50% of the building energy consumption (DoE,
2012). Therefore, improving the energy efficiency of these systems is imperative. Most refrigerators,
heat pumps and air conditioners operate based on the Vapour Compression (VC) cycle principle.
The schematic of a conventional VC system is shown in Fig. 1(a). One of the major causes of energy
loss in a VC system is the throttling loss that occurs in a conventional expansion valve (Subiantoro
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and Ooi, 2015). The throttling process by the conventional expansion device is a sudden expansion
process of the refrigerant flowing through the VC system. An expander can be used to overcome
the throttling loss by recovering the expansion work to produce useful energy. In addition, an
expander expands the fluid more isentropically than a throttling device. Therefore, expanders
improve the energy efficiency of a VC system in two ways, by producing power and by providing
extra cooling capacity through isentropic expansion. To recover the expansion process, many types
of expanders have been studied, such as rotary vane (Fukuta and Yanagisawa, 2003), screw (Stosic
et al. 2002), reciprocating (Nickl et al. 2002), scroll (Kohsokabe et al. 2006) and revolving vane
(Subiantoro and Ooi, 2009). One of the major practical challenges of this concept at the moment is
the loss of the simple flow adjustment possibility that is usually available with an expansion valve
(Cao et al., 2016). In this study, a modified VC system shown in Fig. 1(b) is studied, in which an
expander is installed in parallel to an expansion valve to still allow a degree of flow adjustment when
there is a change in the cooling load. Of course, this will come at the cost of the loss of some
expansion energy in the valve. The refrigerant used in the study is R22.

2. TEST SETUPS
2.1.

Expander Prototype

A rotary vane type expander was used in this experiment because of its simple structure and its
unique port control system which makes it requires no valves in its operation. The inside of the
expander is shown in Fig. 2. In this expander, two long and intersecting vanes are used instead of
four separate vanes. Having only two vanes meant that there are only two contact points between
the vane and the stator wall, instead of four. Therefore, at one end of each vane, there will be a gap
between the stator wall and the vane tip. This may reduce friction losses but is expected to amplify
the internal leakage.
The key operating characteristics for an expander are its volumetric efficiency, mechanical efficiency
and isentropic efficiency. Volumetric efficiency represents the internal leakage of fluid between the
suction and the discharge ports. Due to leakage, some of
the fluid escapes the expander without expanding and
doing any work. The main geometric parameters, together
with the inlet/outlet port arrangement of the expander
prototype, are shown in the Table 1.
Table 1. Main dimension and parameters

Item
Radius of the rotor
Radius of the stator
Length of the cylinder
Number of vanes
Angle range of inlet port

Angle range of outlet port

Value
27.7 mm
40.7 mm
38.6 mm
4
0° – 90°

225° – 360°

Figure 2: Rotary vane expander
prototype

The volumetric efficiency, ηv , is defined as shown in Eq. (1).

Eq. (1)

The ideal inlet mass flow rate, ṁ ideal is calculated by Eq. (2).

Eq. (2)

𝜂𝜂𝑣𝑣 =

𝑚𝑚̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
𝑚𝑚̇𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟

𝑚𝑚̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 = 𝜌𝜌 × 𝑉𝑉1 × 𝑓𝑓 × 𝑛𝑛𝑒𝑒
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Mechanical efficiency quantifies the frictional losses in the expander that reduce its power output.
The mechanical efficiency, ηm , is defined as shown in Eq. (3).
𝜂𝜂𝑚𝑚 =

𝑊𝑊̇𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟
𝑊𝑊̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖

Eq. (3)

The ideal power, 𝑊𝑊̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 is calculated with Eq. (4) where pressure P is calculated with Eq. (5).
𝑉𝑉
𝑊𝑊̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 = ��∫𝑉𝑉 2 𝑃𝑃𝑃𝑃𝑃𝑃 � + 𝑃𝑃1 𝑉𝑉1 + 𝑃𝑃2 𝑉𝑉2 � × 𝑓𝑓 × 𝑛𝑛𝑒𝑒
𝑃𝑃1
𝑃𝑃2

𝑉𝑉

1.4

1

= � 𝑉𝑉1 �

Lastly, the isentropic efficiency, ηis , is defined as shown in Eq. (6).
𝜂𝜂𝑖𝑖𝑖𝑖 =

Δℎ𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟
Δℎ𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖

Eq. (4)
Eq. (5)

Eq. (6)

The change in enthalpy is calculated using Eq. (7).

2.2.

Δℎ = 𝐶𝐶𝑝𝑝 × (𝑇𝑇𝑖𝑖𝑖𝑖 − 𝑇𝑇𝑜𝑜𝑜𝑜𝑜𝑜 )

Eq. (7)

Experimental Methodology

The expander was preliminary tested using compressed air for simplicity. The exit of the expander
was exposed to the surroundings making it an open system. A schematic diagram of the
experimental set up is shown in the Fig. 3. It was tested at various speed with pressures of 4 bar
and 5 bar. A dynamometer was used to measure the torque produced by the expander and to control
its rotational speed. The rotational speed of the expander was measured using an optical sensor.
Thermocouples (type K) were used to find the temperatures of the fluid at the inlet and the outlet of
the expander which were then used to find the specific enthalpy (ℎ) and the density (𝜌𝜌) at both the
inlet and the outlet. A flow meter was used to find the flow rate of the fluid into the expander. The
degree of accuracy of the measuring instruments of thermocouple and flow meter are + 0.5˚C and
+ 1.5%, respectively.

Figure 3. Schematic diagram of the experimental set up
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2.3.

Simulation of the Refrigeration System

A simulation model was built based on an existing R22 water-cooled heat pump system in our lab.
The system had no expander and used only a thermostatic expansion val Mookambika Devi Kripave
for expansion. The performance of this system was used for benchmarking in this study.
Temperature sensors, flow meters and pressure transducers are installed at various strategic
locations in the system. Based on these data, the entropies and enthalpies of the refrigerant at
various locations were obtained using the CoolProp database (Bell et al., 2014). The benchmark
experimental data of the system is shown in Fig. 4. The compressor isentropic efficiency and
maximum volume ratio was found to be 65% and 8.3. The refrigeration cycle was assumed to follow
the ideal vapour refrigeration conditions. The condensing temperature was 22°C and evaporating
temperature was -30°C. The expansion process in an expander was assumed isentropic, and hence
the outlet and inlet entropies were the same. With the expander outlet entropy and density known,
the other characteristics were calculated using CoolProp database. Subsequently, an isentropic
efficiency term (see Eq. 8) was added to account for the expander losses.
ℎ𝑜𝑜𝑜𝑜𝑜𝑜 = ℎ𝑖𝑖𝑖𝑖− 𝜂𝜂𝑠𝑠 ∗ (ℎ𝑖𝑖𝑖𝑖 − ℎ𝑜𝑜𝑜𝑜𝑜𝑜𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡 )

Eq. (8)

The benchmark coefficient of performance (COP) on the cooling and heating sides were 1.804 and
2.769 respectively. The COPs were calculated using Eqs. (9) and (10).
𝑄𝑄̇𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸

COP Benchmark, cooling = 𝑊𝑊̇

𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶

𝑄𝑄̇

COP Benchmark, heating = 𝑊𝑊̇ 𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶

𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶

Eq. (9)

Eq. (10)

Figure 4: Pressure-enthalpy diagram of the benchmark system
(chart from Dowing, 1974)

The mixed fluid property at the junction of the expander and expansion valve outlets was
calculated using Eq. (11), where 𝑚𝑚̇𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 , 𝑚𝑚̇𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 and 𝑚𝑚̇𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 are the mass flow rate at each
location and 𝑃𝑃 can be pressure, enthalpy, etc.
𝑃𝑃𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 ∗ 𝑚𝑚̇𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚 = 𝑃𝑃𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 ∗ 𝑚𝑚̇𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 + 𝑃𝑃𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 ∗ 𝑚𝑚̇𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒
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With an expander, work is recovered during the expansion process, thus the COPs of a VC system
with an expander are defined by Eqs. (12) and (13). It is noted that the cooling capacity at the
evaporator may change due to the different expansion process of the refrigerant in an expander.
𝑄𝑄̇𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶
𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 − 𝑊𝑊̇𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒

COP expander, heating = 𝑊𝑊̇

𝑄𝑄̇𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸,𝑒𝑒𝑒𝑒𝑒𝑒
𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 − 𝑊𝑊̇𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒

COP expander, cooling = 𝑊𝑊̇

Eq. (12)

Eq. (13)

3. RESULTS
3.1.

Experimental Results of the Expander

Fig. 5 shows the measured volumetric efficiency of the expander with varying rotational speed at two
different inlet pressures. The highest efficiency achieved at an inlet pressure of 4 bar was 30% at
1264 rpm. At 5 bar of inlet pressure, the highest volumetric efficiency was 28% at 1660 rpm. From
the trend, it is evident that as the speed rises the volumetric efficiency also rises. This is thought not
to be caused by a reduced leakage, like in typical rotary vane machines where the increased speed
increases centrifugal force, which reduces the vane tip gap. Rather, it is because of the linear
increase of ideal mass flow rate due to the increased speed. This is obvious when volumetric
efficiency is expressed as shown in Eq. (14). It is equivalent to Eq. (1), but it demonstrates that high
speeds the effect of leakage is minimal.
𝜂𝜂𝑣𝑣 =

Eq. (14)

𝑚𝑚̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖
𝑚𝑚̇𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 + 𝑚𝑚̇𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙𝑙

From the test results, it can also be demonstrated that for the same operating speed, the volumetric
efficiency of the 5 bar case was lower than that of the 4 bar case. It is due to the higher-pressure
difference between the inlet and the outlet of the expander, which causes more flow to be driven
through the gaps.

Figure 5: Volumetric efficiency against
speed

Figure 6: Mechanical efficiency against
speed

Fig. 6 shows the test results of the mechanical efficiency against varying speed at two constant
pressures. The highest efficiency achieved at a pressure of 4 bar was 7% at 560 rpm. At 5 bar of
inlet pressure, the highest mechanical efficiency was 6% at 900 rpm. Both trends are displaying the
same behaviour where the mechanical efficiency decreases with increasing speed. Since
mechanical efficiency is strongly affected by friction, the decreasing trend demonstrates that friction
increases with speed. Increasing rotation speed increases the centrifugal force which increases the
contact force between the vane and the wall. High contact force results in more friction and therefore,
more losses. The power required to overcome friction rapidly increases because it has a cubic
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relation with the rotation speed. This issue was amplified because no suitable form of lubrication
system was implemented. Hence, such a trend was observed.
Fig. 7 shows the test results of the isentropic efficiency against varying speed at two constant
pressures. The highest efficiency achieved at a pressure of 4 bar was 19% at 560 rpm. At 5 bar of
inlet pressure, the highest isentropic efficiency was 10% at 900 rpm. Overall, a decreasing trend was
observed from the results. The isentropic efficiency was affected by multiple phenomena. It was
affected by the heat transfer between the fluid and the expander, internal leakage in the expander
and sudden compression at the exit. The temperature difference between the fluid and the expander
wall drives the heat transfer process. The friction between the stator wall and the tip of the vane
causes the expander wall to heat up. Therefore, the expander wall tends to have a higher
temperature than the fluid. Hence, the temperature of the fluid increases in the heat transfer process.
This has a rippling effect on the pressure. So, as the temperature increases, it causes the pressure
to rise as well. Therefore, in the expansion process, the pressure drop is lower than that of an ideal
case. The internal leakage in the expander causes the mass of fluid inside the expansion chamber
to drop. Therefore, at a given volume the pressure inside the expansion volume will be lower for an
expander with leakage when compared with an ideal system. This increases the rate of pressure
drop throughout the expansion process. This will contribute towards reducing the isentropic
efficiency because the rate of pressure drop will be higher than that of an isentropic expansion.
The expander was tested under an open system arrangement. Therefore, the exit pressure of the
fluid equalised with the atmospheric pressure. During that process, it causes the fluid to undergo a
sudden compression process which deviates the expansion from that of an isentropic expansion. It
contributes towards a reduction in the isentropic efficiency. It is a sudden compression process
because the expander over expands the fluid due to its high-pressure ratio of 19.1 which was found
using Eq. (15).
𝑃𝑃1
𝑃𝑃2

𝑉𝑉 1.4
𝑉𝑉1

= � 2�

Eq. (15)

From the three phenomena discussed, the heat transfer between the fluid and the expander wall is
responsible for such a trend because it is affected by friction which is dependent on the speed. The
leakage phenomenon causes the isentropic efficiency of the higher-pressure case to be lower
because leakage increases with increasing pressure as discussed previously. The sudden
compression is significant at low pressures such as the ones used in this experiment.

Figure 7: Plot of isentropic efficiency against speed
3.2.

Simulation results of the expander with parallel to the throttle valve

The current working vapour compression refrigeration system will be maintained, and the expander
will be added in parallel with the throttle valve as shown in Fig. 1(b). The present throttle valve in the
R-22 refrigeration system in the laboratory worked with inlet and outlet pressures of 10 bar and 1.5
bar, respectively. Keeping this same inlet condition of 10 bar, it was found that the outlet pressure of
the expander was around 4.38 bar. In the present study, the evaporating and condensing
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temperatures are chosen from -35°C to 0°C and 20°C to 45°C, respectively. The expander inlet
pressure and outlet pressure are 10 bar and 1 bar, respectively. Fig. 8(a) and (b) shows the COP
improvements for the proposed new arrangement. From the graph, it can be observed that COP
improvements were between 2.5-6% and 3.5-8.5% in heating and cooling sides respectively. Thus,
expander is a promising substitute to improve the performance of the system. The better COP can
be obtained at higher condensing and evaporating temperatures.

(a)

(b)

Figure 8: COP improvements at various condensing and evaporating temperatures

4. CONCLUSIONS
In this paper, a study has been done to test the performance parameter of a four-vane rotary
expander. Experiments were carried out with air as the working fluid, and the prototype was found
to function steadily. Under the test condition (inlet pressure P= 400 KPa and P=500 KPa, ambient
temperature 18˚C) the rotational speed of expander was varied from 561 rpm to 1640 rpm, and its
influence on the performance was studied. The results showed that mechanical efficiency and
isentropic efficiency varied with rotational speed. The maximum value of the mechanical efficiency
and isentropic efficiency were 7% and 19%, respectively, when the rotational speed was about 564
rpm. The maximum volumetric efficiency was around 30% when the rotational speed was about 1264
rpm. A numerical simulation model was then developed to study the performance of this expander
in an R22 refrigeration system. To allow for flow adjustment during operation, the expander was
installed in parallel to a throttle valve. The study found that the coefficient of performance of the
modified system would increase by 2.5-6% and 3.5-8.5% on the heating and cooling sides,
respectively. Higher evaporating or condensing temperatures may increase the performance of the
system. This preliminary study has shown that the expander prototype can operate smoothly. In the
future, the expander will be installed into the heat pump system according to the proposed
arrangement and experimental investigation will be carried out.
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NOMENCLATURE
P
T

pressure (Pa)
temperature (K)

ηm
ṁ

mechanical efficiency (%)
mass flow rate (kg×s-1)
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V1
V2
P1
∆h
ω
m
µ
V

min volume of the expansion
chamber (m3)
max volume of the expansion
chamber (m3)
pressure at the inlet (Pa)
change in specific enthalpy (J×
kg-1)
rotational speed (rad×s-1)
mass (kg)
friction coefficient
volume (m3)

ηv
ηis
ρ
ƒ
Ẇ
P2
Cp
Pf
r
ne

volumetric efficiency (%)
isentropic efficiency (%)
density (kg×m-3)
frequency (Hz)
power (W)
pressure after expansion (Pa)
specific heat capacity (J×kg-1×
K-1)
power loss due to friction (W)
radius (m)
number of vanes
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ABSTRACT
This paper presents the development of a numerical framework intended for the modelling of
refrigerant flow in components where a one-dimensional pipe flow can be presumed. The goal is to
maintain a single modelling paradigm for multiple components. In a vapour-compression system
these are the capillary tube, the condenser and the evaporator. The governing equations are
discretized according to the finite-volume method and solved with a modified SIMPLE algorithm
capable of modelling compressible, phase-changing flow. Test cases were set up and the results
show that it is possible to model all three components within a single numerical framework, thus
eliminating the need for separate models.
Keywords: Numerical framework, Numerical modelling, Capillary tubes, Evaporator, Condenser,
SIMPLE algorithm

1. INTRODUCTION
The development of vapour-compression refrigeration systems is no longer exclusively based on
experience and experimental work; it increasingly relies on mathematical models as well. The first
models, which date back to the 1970s, such as works by Stoecker (1971), Davis (1976) and Dhar
(1978), set the foundations for future models. Over the years, these models have improved in many
aspects, such as their complexity, capabilities and computational speeds. One attribute, however,
has remained unchanged. While for specific components, such as the compressor shell (Posch,
2016) or ejectors (Mazzelli, 2018), multi-dimensional models do exist; on a system level they are still
limited to 0D or 1D models. The major difference between multi-dimensional and 1D models is that
in the former all the physical phenomena, such as the shear stresses, that lead to pressure losses
are modelled, while in the latter they are usually replaced with empirical or semi-empirical factors
that imitate their influence. An example of this is the friction factor, which in the governing momentum
equation acts as a sink for momentum, thus imitating the pressure loss.
There are several reasons why this limitation has not been overcome. The nature of the process is
extremely complex. It includes turbulent flow, multiphase flow, phase changes, flash evaporation,
choking flow, discontinuities and heat transfer. All of these processes are difficult to describe
mathematically, and the modelling of some phenomena, such as turbulence and phase change,
anyway relies on empirical correlations. Besides their inherent complexity, these processes happen
on three different time scales and at least as many length scales. This means that modelling such
phenomena would, in most places, require less than millimetre-sized grids in systems with several
meters of pipes and time steps of milliseconds in processes that can take up to several hours to
reach steady-state conditions. Such a daunting task, however, might not even produce much better
results than those of 0D or 1D models, since they can be calibrated to achieve sufficient accuracy
for a wide enough spectrum of possible operating conditions. For the reasons explained above, the
physics of mathematical models are constrained to one dimension for now. This, however, presents
an opportunity, which to the best of the authors’ knowledge has not yet been investigated.
Small-scale vapour-compression systems utilize capillary tubes instead of throttling valves as the
expansion elements. As the name suggests, a capillary tube is nothing more than a copper tube with
a very small diameter and a length of between 1 and 2 meters. Depending on the type of heat
exchanger, an evaporator and a condenser can likewise be nothing more than tubes of larger
diameter and length, around which there are usually different types of extended surfaces that
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increase the heat transfer. From the refrigerants’ perspective, excluding of course the compressor,
the vapour-compression process in such cases can be considered pipe flow through different
diameters. In reality, the flow in evaporators and condensers is different to that in a capillary tube
and this may warrant a separate formulation, but while the physics is constrained to one dimension,
the mathematical formulation of the refrigerant flow can be the same. The differences between
components are in the empirical correlations for the friction factor and the heat-transfer coefficient.
There are also slight differences in how the heat transfer is modelled from the refrigerant to the
surroundings.
The incentive behind formulating the capillary tube, evaporator and condenser in the same manner
is that a single code can model three out of four major components in a vapour-compression system,
leaving only the compressor to be modelled separately. Thus, the goal of this research was to create
a numerical framework capable of modelling the refrigerator components in which the flow can be
considered as pipe flow. The basis for the framework is the iterative SIMPLE algorithm, originally
developed by Patankar (1980) for incompressible flows. We upgraded it to enable the modelling of
phase change and compressible flow. Because of the multitude of possible inlet/outlet conditions,
the numerical model within the framework was designed in such a way that it can accept any
inlet/outlet state, be it two phase, liquid or gaseous.

2. GOVERNING EQUATIONS
The first step in developing a fluid-flow model is to decide which phenomena we would like to include
in the calculation. We have already explained that we will model only 1D effects. At this point we will
also constrain ourselves to steady-state solutions. This means that all the time derivatives are equal
to zero. The multiphase flow is considered to be homogenous, meaning that the pressure, velocity
and temperature are equal among the gaseous and liquid phases. The effects of gravity, viscous
dissipation and the work of pressure forces are not considered.
In the fluid flow the consideration of some phenomena, such as the conservation of mass, is
necessary by default. In a differential form (assuming a constant pipe cross-section) this equation is
written as:
𝑑(𝜌𝑢)
=0
𝑑𝑥

Eq. (1)

In general, an adiabatic capillary tube does not require the modelling of heat transfer and as such
the energy equation. Similarly, the heat exchangers (condenser, evaporator), where the pressure
drop is often neglected, do not require inclusion of the momentum equation. However, if a single
framework is to model all of these components, the momentum equation and the energy equation,
describing the conservation of their respective properties, must both be considered.
𝑑(𝜌𝑢𝑢)
𝑑𝑝
𝜌𝑢2
=−
− 𝑓𝐷
𝑑𝑥
𝑑𝑥
2𝐷

Eq. (2)

𝑑(𝜌𝑢ℎ0 )
𝑑
𝑑𝑇
4∆𝑥
=
(𝑘 ) +
ℎ(𝑇𝑊 − 𝑇)
𝑑𝑥
𝑑𝑥 𝑑𝑥
𝐷

Eq. (3)

A dimensionless factor and a proportionality constant are introduced with Eq. (2) and Eq. (3). The
former is the Darcy friction factor f and the latter is the heat-transfer coefficient h. Darcy’s friction
factor, a function of the Reynolds number and the relative wall roughness, is determined with the
correlation by Churchill (1977). The heat-transfer coefficient is determined from the Nusselt number.
For the refrigerant flow, the Nusselt number is determined with the correlation by Gnielinski (1975).
The term containing the heat-transfer coefficient represents the heat flow from the refrigerant to the
tube wall or vice versa. Axial heat conduction along the fluid is also considered.
Compressible flows also require that the equation of state be considered, so that pressure,
temperature and density are coupled. If the flow is in a purely gaseous state and can be considered
ideal, the ideal gas law is usually prescribed. However, the flow in capillary tubes, evaporators and
condensers will be a mixture of liquid, two phase and gaseous phase. The problem is that the ideal
gas law does not apply to liquid or two-phase mixtures. If we wish to retain a single framework, a
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solution that is valid for all the phases is required. This is solved by replacing the equation of state
with a thermodynamic library, such as REFPROP or CoolProp. These libraries are able to return the
density and any other thermodynamic variable of state based on a combination of inputs. Since the
vapour-compression process involves several phase changes, it is intuitive to work with pressure
and enthalpy. We can thus write:
Eq. (4)

𝜌 = 𝑓(𝑝, ℎ)

where f is a function call to a thermodynamic library that outputs the density based on the pressure
and the enthalpy. Because CoolProp enables so-called low-level function calls, which are
considerably faster than high-level calls (standard REFPROP/CoolProp calls), it was chosen as our
thermodynamic library.
The equations described above describe the fluid flow of the refrigerant. However, heat transfer from
the refrigerant to the surroundings must also be modelled. If the temperature of the surroundings is
regarded as constant, which is acceptable since it is a steady-state simulation, one equation for the
tube wall is required. It is obtained by a simple energy balance. Eq. (5) shows the equation for the
tube wall. It consists of four terms, two describing the heat conduction along the wall and two
describing convective heat transfer from the refrigerant and surroundings.
∗
𝑈𝑜,𝐼 𝐴𝑜,𝐼 (𝑇𝑜,𝐼
− 𝑇𝑊,𝐼 ) + ℎ𝑖,𝐼 𝐴𝑖,𝐼 (𝑇𝐼∗ − 𝑇𝑊,𝐼 ) + 𝑘

𝑑2 𝑇𝑊
=0
𝑑𝑥 2

Eq. (5)

3. NUMERICAL SOLUTION
3.1.

Numerical model

3.1.1. Discretization
The computational domain can be separated into two zones. One for the refrigerant flow and one for
the tube wall. Fig. 1 shows a scheme of the discretized computational domain.

Figure 1: Scheme of the discretized computational domain

The refrigerant zone is divided into control volumes. They can be spaced uniformly or non-uniformly.
The non-uniform case is required for the capillary tubes, where the gradients at the outlet are very
large and a fine mesh is required there. In this case a growth factor, usually between 1.0 and 1.2,
defines the control volume growth from one volume to the next. A factor of 1.2 means that the next
control volume will be 1.2 times longer than the one before it.
To prevent the decoupling of pressure and velocity in the liquid zones the momentum equation is
solved on a staggered grid, so that the velocities are stored in control-volume faces rather than in
control-volume nodes. The finite-volume method was used to discretize the differential form of the
governing equations to an algebraic form. A first-order upwind discretization scheme was used and
nonlinear terms, such as the first and third term in the momentum equation, were linearized.
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3.1.2. Boundary conditions and boundary values
The boundary conditions are separated into two groups. One group for the refrigerant domain and
one for the tube wall. They are listed in Table 1 and presented on Fig. 1.
Table 1: Boundary conditions

-

Inlet

Refrigerant flow

ṁ(x=0) = const., h0(x=0) = const. p(N) = const.
T(x=0) = 1.5T(1) - 0.5 T(2)
T(x=L) = 1.5T(N) - 0.5T(N-1)

Tube wall

Outlet/right border

Because the conditions at the inlet and the outlet will vary from component to component it is
essential that the boundary conditions satisfy all the possibilities. In incompressible flows the rules
regarding the proper boundary conditions are not as strict as in compressible flows. This means that
the boundary conditions will be selected so that they satisfy the case of a compressible flow. In
compressible flows it is highly recommended that the pressure is fixed at the outlet and either the
mass flow or the total pressure is prescribed at the inlet, accompanied by the total enthalpy condition.
The reason for this is that an absolute pressure must be known at one point to serve as a reference
for determining the density. A prescribed mass flow is an upgrade of the velocity inlet condition,
where density is also taken into account as it can vary with pressure and enthalpy. The total enthalpy
must be prescribed instead of the regular enthalpy if the transformation of internal to kinetic energy
or vice versa is to be included. In the case of constant temperature gradients, the temperature at the
border is linearly extrapolated from the interior nodes.
The boundary values of the variables that are not prescribed as boundary conditions are extrapolated
from the interior or determined indirectly from known variables at the boundary control volume face.
For example, if the pressure and the enthalpy are known at the boundary face, the density is
computed from the thermodynamic library. As such, they need to be updated in every iteration as
the fields inside the domain converge to a solution.
3.2.

Modified SIMPLE algorithm

A block diagram of a modified SIMPLE algorithm is presented in Fig. 2. In the initialization, first
approximations are made by assuming a pressure and a total enthalpy distribution along the length
of the domain. The algorithm then enters a loop and first solves the equations governing refrigerant
flow, updates all the thermodynamic variables and empirical factors and then finally solves Eq. (5).
The convergence criteria are evaluated, and if they are not satisfied the computation returns to the
start of the loop.

Figure 2: Block diagram of the modified SIMPLE algorithm
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4. RESULTS
4.1.

Results and case studies

4.1.1. Adiabatic capillary tube
Table 2 shows the test conditions for which we modelled the capillary tube. The case was designed
so that the liquid refrigerant enters the capillary tube and upon reaching the saturation pressure it
starts evaporating.
Table 2: Adiabatic capillary-tube test conditions

Inlet mass flow [kg/h]
Inlet total enthalpy [J/kg]
Outlet pressure [bar]
Length [m]
Inner diameter [mm]
Tube roughness [mm]
Refrigerant

3.25
250
1.0
2
1.1
0.002
R600a

Figure 3: Clockwise: pressure distribution, density distribution, enthalpy distribution and velocity
distribution in an adiabatic capillary tube

As long as the refrigerant is in the liquid state the pressure drop is linear. When the refrigerant starts
evaporating, the density decreases and since the mass flow must remain constant the velocity
increases. In Eq. (2) the velocity in the term describing the pressure losses is to the power of two.
This means that the gradient of the pressure in the multiphase zone will increase with the increasing
velocity. In an adiabatic system the total energy remains constant. This means that an increase in
velocity will lead to a decrease in enthalpy.
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4.1.2. Evaporator
Table 3 shows the test conditions for the evaporator. The partially evaporated fluid enters the
evaporator and exits as superheated vapour.
Table 3: Evaporator test conditions

Inlet mass flow [kg/h]
Inlet total enthalpy [J/kg]
Outlet pressure [bar]
Length [m]
Inner diameter [mm]
Tube roughness [mm]
Outer U×A [W/K]
Refrigerant

3.0
300
1.0
14
7.0
0.002
16.0
R600a

Figure 4: Clockwise: pressure distribution, enthalpy distribution, quality distribution, temperature
distribution

Compared to the capillary tube the pressure drop in the evaporator is very small. However, this small
change in pressure has a slightly larger impact on temperature, as the temperature drops by 1 K
during the evaporation. When the refrigerant evaporates completely it superheats very quickly. As
we can see in Fig. 4, it takes around 13.5 meters to evaporate the refrigerant and only 0.5 m to
superheat it.
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4.1.3. Condenser
Table 4 shows the conditions for the condenser simulation. Superheated vapour enters the
condenser and leaves as a subcooled liquid.
Table 4: Condenser test conditions

Inlet mass flow [kg/h]
Inlet total enthalpy [J/kg]
Outlet pressure [bar]
Length [m]
Inner diameter [mm]
Tube roughness [mm]
Outer U×A [W/K]
Refrigerant

3.0
615
5.0
16
7.0
0.002
27.0
R600a

Figure 5: Clockwise: quality distribution, temperature distribution, density distribution, enthalpy
distribution

The pressure drop in a condenser is similar in magnitude to that of an evaporator. When superheated
vapour enters the condenser it is quickly cooled to the point of saturation. The enthalpy and quality
then decrease steadily, while the density increases. When the refrigerant condenses into a liquid
completely it subcools and the density is practically constant.
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5. CONCLUSIONS
The purpose of this study was to create a numerical framework capable of modelling all the major
refrigerator components with pipe flow. The results show that it is possible to create such a
framework. Maintaining only one modelling paradigm offers the advantage of better control over the
code. Another advantage is that the model must be very flexible by default, if such different
components are to be modelled. This means that it is very easy to add different functionalities to the
numerical model, such as extra terms describing the different phenomena. In the future, the
capability of modelling non-adiabatic or so-called capillary-tube, heat-exchanger components will be
added. The model must also be experimentally validated and, if necessary, parameters such as the
empirical factor or the heat transfer coefficient need to be calibrated.
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NOMENCLATURE
D
h
k
ṁ

diameter (m)
specific enthalpy (J×kg-1)
thermal conductivity (W×m-1K-1)
mass flow rate (kg×s-1)

h0
A
x

specific total enthalpy (J×kg-1)
area (m2)
length (m)

p

pressure (kPa)

U

T
X
ρ

temperature (K)
vapour quality (/)
density (kg×m-3)

cP
fD
u

overall thermal heat-transfer coefficient
(W×m-2K-1)
specific heat (J×kg-1K-1)
Darcy’s friction factor (/)
velocity (m×s-1)

*
o
w

value from previous iteration
outer
wall

i
I

inner, control volume face
control volume node
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ABSTRACT
The aim of this work is to study the effect of applying thermal storage materials (TSMs) into naturaldraft condensers of household refrigerators. To this end, three types of TSMs were integrated into
the wire-and-tube condenser of an appliance. Energy consumption tests were carried out under
different system operating conditions with each TSM in order to compare the results with those of
an off-the-shelf refrigerator. It was found that the energy consumption benefits are strongly
dependent on the contact resistance between the condenser and the material, on the compressor
on and off times and on the material thermal capacity, regardless of the ambient temperature. Energy
savings of up to 7.4% were achieved with the integration of 700g of a copolymer compound into the
condenser of an A++ European appliance.
Keywords: Thermal Storage Material, Refrigerator, Natural-draft Condenser, Energy Consumption.

1. INTRODUCTION
A phase change material (PCM) is a substance with high latent heat of fusion, which is capable of
storing and releasing large amounts of energy while changing phase (Bruno et al., 2015). Recently,
such materials have been widely used in several applications, such as construction, to increase the
thermal inertia of buildings and consequently reduce the costs associated with air conditioning
(Cabeza et al., 2011); in preserving food and pharmaceuticals, reducing temperature stratification or
prolonging storage time (Phimolsiripol et al., 2008); and as energy regenerators in various
applications of thermal systems. Thermal storage materials (TSMs), on the other hand, have a high
heat storage capacity without phase changing. Such materials are generally cheaper and might be
used for similar applications and purposes. Recent studies showed that the incorporation of PCMs
or TSMs into refrigerators can lead to significant performance gains.
Over the past decade, PCM usage into heat exchangers or refrigerated compartments of household
refrigerators has grown significantly. According Joybari et al. (2015), most of the studies available in
the open literature explore the PCM application in the evaporator or refrigerated compartments. In
general, the integration of PCMs into refrigerated compartments or directly into the evaporator
causes both a reduction in energy consumption and in the fluctuation of the average temperature of
the refrigerated compartment. Moreover, it causes a substantial increase in the time that the
refrigerator maintains the temperature at an acceptable level with the compressor off, which brings
benefits to the pharmaceutical and food preservation areas or in cases of power outage, for example.
Regarding the application of such materials to condensers, most authors reported a significant
reduction in the condensing temperature and, consequently, energy consumption.
Cheng et al. (2013) modelled a household refrigerator with integrated PCMs into a natural-draft
condenser. The authors state that, under regular conditions without PCM, the condensers operate
actively only during the compressor on period. However, the presence of heat storage materials can
extend the heat dissipation of the condensers also for the compressor off period. That is, during the
compressor on period, a portion of the heat is stored in the material while the other portion is
dissipated to the environment. When the compressor shuts off, the heat stored in the material is
dissipated. Thus, there is continuous condenser heat dissipation, whether the compressor is on or
not. When the heat dissipation occurs during the compressor off period, the heat transfer efficiency
is higher, which results in a lower condensing temperature, reducing energy consumption. The
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authors further claim that at the beginning of the compressor on period, the PCM temperature is low
and the heat storage potential is high, causing a momentary increase of the COP of the system.
Similarly, Sonnenrein et al. (2015a) evaluated the influence of different materials (water, paraffin and
a polymer compound) added to a wire-on-tube condenser over the condensing temperature and
energy consumption of a household refrigerator. The authors reported a significant decrease in
condensing temperature and reductions of up to 10% in energy consumption. Furthermore,
Sonnenrein et al. (2015b) also evaluated the performance of a commercial refrigerator equipped with
150g of a copolymer-bound PCM in the evaporator and 500g in the condenser. The authors reported
a reduction of up to 8°C in the condensing temperature and up to 7% in energy consumption.
Recently, Rametta (2018) performed experiments with PCMs integrated into a natural-draft wire-ontube condenser used in a 422-liter frost-free bottom-mount domestic refrigerator. The author
investigated the performance of PCMs under different operating conditions. To do so, an external
control was developed to vary the compressor on and off periods. At the optimum operating
condition, the reduction in energy consumption reached 5.4% with the use of 1.02 kg of water bags
between the condenser wires. In this context, the author stated that PCMs should be selected
considering the thermal characteristics of the material and the compressor on and off periods.
To the best of the author’s knowledge, there are no studies in the open literature that systematically
investigated the effects of the TSMs integration on the performance of domestic refrigerators,
considering different compressor on and off periods and thermal load. In this context, the present
work aims to investigate the effect of thermal storage materials applied to natural-draft condensers.
To this end, three materials were selected, with different thermal properties and attaching method to
the condenser, and tests were performed under several operating conditions.

2. EXPERIMENTAL WORK
Tests were conducted with a 144-liter all-refrigerator built-in domestic refrigerator with European A++
energy rating. The refrigerator uses a skin-type evaporator, a reciprocating compressor, which
operates with 19g of R600a, and a natural-draft wire-on-tube condenser, which is 505mm high and
522mm wide, with 11 tube passes and 144 wires.
The refrigerator was instrumented with temperature, pressure and power transducers. The discharge
and suction pressures were measured with absolute pressure transducers with maximum uncertainty
of ±0.01bar. The compartment temperatures were measured with T-type thermocouples, with
maximum uncertainty of ±0.2°C, which were brazed in small copper cylinders as recommended by
IEC62552 (2013). The compressor power was measured with a power integrator. Energy
consumption was calculated with maximum uncertainty of ±5.0kWh/year.
Three types of TSMs were integrated into the condenser, namely: (i) commercial PCM OM37P, (ii)
water and (iii) polymeric compound (also called bitumen). The physical characteristics of the
materials are detailed in Tab. 1. Small bags of water and organic commercial PCM RT44HC were
inserted among the condenser wires. In contrast, the bitumen was adhered to the wires and tubes
of the condenser due to its softness and adhesive characteristics. The condenser, PCM and TSMs
temperatures were measured with T-type thermocouples installed on the respective surfaces.
Table 1. Thermal storage materials characteristics

Mass [kg]
Phase change temperature [°C]
Latent heat of fusion [kJ kg-1]
Specific heat [kJ kg-1K-1]
Bag type [-]

OM37P
0.50
37
218
2.0
aluminum film

Water
0.51
0
333
4.2
aluminum film

Bitumen
0.73
1.8
-

The performance of the TSMs was evaluated through energy consumption tests based on the
requirements of IEC 62552 (2013) standard for built-in refrigerators. All the tests were carried out in
a climatic chamber, with controlled ambient temperature and relative humidity. The tests were
conducted with different compressor on periods (10, 20 and 30min) and different average
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compartment temperatures (0, 4 and 8ºC), covering a significant range of compressor run time ratios.
The full combination of these variables resulted in 9 tests per material. Considering the baseline
tests (without TSM) and the three different types of materials, the full matrix add up to 36
experimental tests, performed at an ambient temperature of 32°C. Additional tests were performed
at 16°C ambient temperature, considering only baseline condition and bitumen.
The original control strategy of the refrigerator has been replaced by an external control with direct
actuation in the compressor. The new control operates based on average compartment temperature
readings. The desired compressor on time and average compartment temperature are obtained in
an iterative process by selecting the on and off compartment temperatures.

3. RESULTS
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Figure 1(a) shows the energy consumption results for all configurations tested. As expected, lower
compartment temperatures lead to higher thermal loads and, consequently, higher energy
consumption. Fig.1(a) also shows that, regardless of the material used, the energy consumption
decreases with the reduction of the compressor on time. Figure 1(b) shows the variation in energy
consumption caused by the integration of the materials in the condenser, when comparing to the
baseline case, including different compartment average temperatures and compressor on periods.
The use of bitumen in the condenser resulted in an average 4.8% energy saving. In its turn, the
water bags caused an average energy consumption reduction of the order of 2.0%. When the
commercial PCM OM37P was used, the average reduction was only 0.6%. Note that generally the
energy savings are higher for higher compartment average temperatures, i.e., for lower compressor
run time 320
ratios. In addition, reduced compressor on times (10min) also present higher energy
savings. The maximum energy consumption reduction (7.4%) was achieved with the highest
280 average temperature (8°C) and the lowest compressor on time (10 minutes).
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Figure 1: Energy consumption results for all materials and configurations tested

The energy savings caused by the integration of the materials can be explained by the behavior of
the system during a complete compressor cycle. Fig. 2(a) shows typical condensing temperatures,
for a normalized cycle, of a system with and without PCM. Additionally, Fig. 2(b) shows the difference
between both temperatures plotted in Fig. 2(a) (Tcond,PCM - Tcond). During the beginning of the
compressor on period, the heat transfer between the condenser and the PCM is higher due to the
high temperature difference, which results in a temporary reduction of the condensing temperature.
Therefore, it is noted that the temperature difference shown in Fig. 2(b) is negative (region a), which
represents benefits to the system. However, after a certain time, the PCM temperature rises and the
condensing temperature curves intersect at the point where the condensing temperature with PCM
exceeds the baseline configuration. From this point forward, called cross-point, the heat transfer
between the condenser and the PCM is lower, which negatively affects the condensing temperature
of the system with PCM (region b). Such behavior clearly indicates that there is a maximum
compressor on time that maximizes the system performance with PCM. When the compressor shuts
off, the condenser temperature reduction during this period is much slower with the presence of the
PCM (region c) due to the thermal inertia of the material. If the compressor is switched on early, the
condenser temperature at the beginning of the next cycle will still be high, with negative effects on
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system performance. It means that there is also a minimum compressor off period that maximizes
the system performance with PCM.
compressor on

compressor off

compressor on

compressor off

Optimum tON

cross
point

Optimum tOFF

cross point
(a)

(b)

(c)

Low
efficiency
period
(a)

(b)

(a)

(c)

(b)

Figure 2: (a) Condensing temperatures and (b) condensing temperatures difference during an on-off
cycle of a system with and without PCM

Fig. 3(a) shows the condensing temperatures during a complete cycle for all materials tested, with
4°C compartment average temperature and 30min compressor on time. In addition, Fig. 3(b) shows
the difference of the condensing temperatures with and without TSMs, for the same test conditions.
It is noted that the condensing temperature at the beginning of the compressor on time is reduced
by the presence of the TSM, reaching the cross-point, and later reducing slowly the temperature
during the compressor off time, due to the thermal inertia of the material. These results showed that
the beneficial effects of the TSM are proportional to the difference between the condensing
temperature curves with and without TSM at the beginning of the compressor on period (see Fig.
3b). The lower the condensing temperature at the beginning of the cycle, the better the system
energy performance.
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Figure 3: (a) Condensing temperatures and (b) condensing temperatures difference during an on-off
cycle of the test with 4°C compartment average temperature and 30min compressor on period

Fig. 4 shows the condensing temperatures difference of the system with and without bitumen, for
the compartment average temperature of 0°C, 4°C and 8°C and compressor on periods of 10min,
20min and 30min (Figures 4a, 4b and 4c, respectively). In these cases, the average compressor run
time ratio were 64% (0°C), 46% (4°C) and 35% (8°C), respectively. For higher run time ratios (black
lines), the compressor off period is not long enough to provide appropriated condenser temperature
reduction at the end of this period, adversely affecting the condensing temperature at the beginning
of the next cycle. Note that the attenuation at the condensing temperature at the beginning of the
cycle is lower for this condition. As the compressor operating fraction is reduced (blue and red lines),
the compressor off period becomes long enough to allow a higher heat rejection of the TSM and
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hence the condenser. In this case, the condensing temperature at the beginning of the next cycle is
lower due to the higher heat transfer rate. Therefore, it can be concluded that the lower the
compressor run time ratio, the greater the system performance with TSM. In fact, the results show
higher energy savings for higher compartment average temperatures. All other materials presented
similar behavior to bitumen.
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Figure 4: Condensing temperatures difference with and without bitumen during an on-off cycle of the
tests with (a) 10min, (b) 20min and (c) 30min compressor on period

When the compressor on time is short (Fig. 4a), the condensing temperature with TSM remains
always lower than the condensing temperature of the baseline condition, that is, the temperature
difference is always negative during the whole compressor on period, meaning that the cross-point
is not reached. On the other hand, as the compressor keeps on for longer periods (figures 4b and
4c), the cross-point is reached, provoking an inefficient operating condition, since the material starts
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to act as a thermal resistance in the condenser. In short, the lower the compressor on time, the
higher the energy savings.
Moreover, the results indicate that systems which operate with high compressor run time ratio (i.e.
low compartment temperature or low compressor capacity) reach the cross-point earlier, due to the
reduced compressor off time that harms the condenser temperature reduction during the off period.
In contrast, systems that operate with short compressor on time avoid or shorten the cross-point
reaching. In other words, the lower the run time ratio and the shorter the compressor on period, the
higher the energy savings of TSM equipped systems. Therefore, it can be concluded that there is a
maximum compressor on time and a minimum compressor off time that optimizes the performance
of the system with TSM. Such periods are dependent on the characteristics of the system and the
material, since they depend on the heat rejection rate of the condenser during the compressor on
and off cycles, which in turn is a function of the size of the condenser as well as the thermal capacity
and attaching method of the TSM with the condenser.
The heat transfer process in natural-draft condensers is dominated by convection, which represents
65% of the total heat exchanged, being the rest rejected to the environment through radiation (Bansal
and Chin, 2003). When the TSM is integrated into the condenser, a portion of the heat exchanged
occurs through conduction between the material and the tubes and wires. If the contact resistance
between the condenser and the material is low, the conduction process becomes dominant, since
the conduction thermal resistance is lower when compared to the convection and radiation
processes. This phenomenon is most pronounced at the beginning of the cycle, when the TSM is at
a lower temperature. As the TSM absorbs heat from the condenser, its temperature increases and
the heat transfer by conduction becomes no longer significant (this effect might be delayed for
materials with higher thermal capacities). At this moment, depending on the attaching method
between the material and the condenser, the presence of TSM may hinder the convection heat
transfer, since it can act as a thermal insulation and even change the flow pattern of natural
convection, reducing turbulence effects. Therefore, the lower the contact resistance and the greater
the thermal capacity, the better the system performance.
In this context, considering the characteristics of each material used in the present work, the thermal
capacity of the commercial PCM OM37P was estimated at 12.8 kJK-1, bitumen at 13.9 kJK-1 and
water at 22.1 kJK-1. Among the materials that presented benefits to the system, bitumen was the
most significant (-4.8%), followed by water (-2.0%) and commercial PCM OM37P (-0.6%). Note that
there is no direct correlation between the thermal capacity and energy savings, indicating that the
material selection should not only consider the thermal capacity. As a matter of clarification, Fig. 5
shows the attachment between the condenser and the (a) bitumen and (b) water bags. Bitumen is a
flexible adhesive material that adheres very well to the tubes and wires, minimizing the contact
resistance. On the other hand, water bags and commercial PCM were manually placed between the
condenser wires, resulting in a significantly higher contact resistance. That is why the bitumen
presented a better performance even with a lower thermal capacity.

(a)

(b)

Figure 5: Condenser attachment with (a) bitumen and (b) water bags

Fig. 6 shows thermographs of the condenser with bitumen obtained with an infrared camera at three
instants of a typical cycle: (i) immediately before the compressor turns on, (ii) in the middle of the
compressor on time and (iii) just before the compressor shuts off. These images were obtained in
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tests with 4°C compartment average temperature and 10min, 20min and 30min compressor on
periods. The images show that, for longer periods of compressor on (20 and 30min), the condenser
temperature in the middle of the cycle is already high and it is close to the temperature at the end of
the cycle. As already mentioned, the heat transfer between the condenser and the TSM decreases
until it reaches the cross-point, where it has a negative effect on the condensing temperature, i.e.,
the heat transfer process at the end of the compressor on period becomes efficient. In other words,
shorter is the compressor on period, higher is the benefits. The images also show that, for short
compressor on time (10min), the condensing temperature at the compressor start-up is adversely
affected. Despite such drawback, the benefits on not reaching the cross-point due to the low off
period is higher.

10
min

20
min

30
min

Compressor start-up

Half ON period

Compressor shut-down

Figure 6: Condenser temperatures with bitumen integrated in the tests with 4°C compartment
average temperature and 10, 20 and 30min compressor on time

Finally, the energy consumption tests were also performed at a 16°C ambient temperature. Thus,
eighteen additional tests were conducted without TSM and with bitumen into the condenser. It was
noted that the energy consumption reduction at 16°C is of the same order of magnitude of the
reduction observed at 32°C, which indicates that the performance improvement by the integration of
the material into the condenser is not dependent on the ambient temperature.

4. CONCLUSIONS
The present study investigated the effect of the use of thermal storage materials on natural-draft
condensers in a A++ European household refrigerator. To this end, three types of TSMs were
integrated into the condenser: (i) commercial PCM OM37P, (ii) water and (iii) a polymeric compound.
The performance of the TSMs was evaluated through energy consumption tests with different
compressor on periods (10, 20 and 30min) and different compartment average temperatures (0, 4
and 8ºC), comprising a significant range of compressor run time ratios.
Considering all operating conditions tested at 32°C ambient temperature, the use of 700g of bitumen
into the condenser resulted in an average energy saving of 4.8%. When water capsules and the
commercial PCM OM37P were used, the average reduction was of the order of 2.0% and 0.6%,
respectively. Energy consumption tests at 16°C ambient temperature were also performed with
bitumen integrated into the condenser and the results indicated that the energy savings due to the
integration of TSM is not related to the ambient temperature.
It was noted that the energy savings are higher for lower compressor run time ratio and lower
compressor on times. Indeed, in the present work, the maximum energy consumption reduction
(7.4%) was achieved with the highest compartment average temperature (8°C) and the lowest
compressor on time (10min). When the compressor on time is too long, at a given cross-point the
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condensing temperature with TSM exceeds the condensing temperature without TSM, then the
material acts as a thermal resistance and the condenser starts to operate at an inefficient condition.
The results also showed that the contact resistance between the material and the condenser play a
role as important as the thermal capacity of the material. That is, the material must be selected and
attached seeking to minimize the contact resistance. Finally, it was concluded that there is a
maximum compressor on time and a minimum compressor off time that optimizes the system
performance. Such periods are dependent on the condenser size, TSM attaching method and
material thermal capacity.

ACKNOWLEDGEMENTS
This study was made possible through the financial investment from the EMBRAPII Program
(POLO/UFSC EMBRAPII Unit - Emerging Technologies in Cooling and Thermophysics). The authors
thank Embraco S.A. for financial and technical support.

REFERENCES
Bansal, P.K., Chin, T., 2003. Heat Transfer Characteristics of Wire-and-Tube and Hot-Wall
Condensers. HVAC&R Research 9(3), 277-290.
Bruno, F., Belusko, M., Liu, M., Tay, N.H.S., 2015. Advances in Thermal Energy Storage Systems.
In: Using solid-liquid phase change materials (PCMs) in thermal energy storage systems,
Woodhead Publishing, Cambridge, 201–246.
Cabeza, L.F., Castell, A., Barreneche, C., de Gracia, A., Fernandez, A.I., 2011. Materials used as
PCM in thermal energy storage in buildings: a review. Renewable and Sustainable Energy Rev
15(3), 1675-1695.
Cheng, W.-L., Yuan, X.-D., 2013. Numerical analysis of a novel household refrigerator with shapestabilized PCM (phase change material) heat storage condensers. Energy. 59(15), 265 – 276.
Hermes, C.J.L., Melo, C., Knabben, F.T., Gonçalves, J.M., 2009. Prediction of the energy
consumption of household refrigerators and freezers via steady-state simulation. Int. J. Refrig.
86(7-8), 1311-1319.
Joybari, M.M., Haghighat, F., Moffat, J., Sra, P., 2015. Heat and cold storage using phase change
materials in domestic refrigeration systems: The state-of-the-art review. Energy Build. 106(1),
111–124.
Phimolsiripol, Y., Siripatrawan, U., Tulyathan, V., Cleland, D.J., 2008. Effects of freezing and
temperature fluctuations during frozen storage on frozen dough and bread quality. J. Food
Eng. 84(1), 48 – 56.
Rametta, C.S., 2018. Experimental evaluation of the use of thermal storage materials in household
refrigerators. Master’s dissertation, Federal University of Santa Catarina, Florianópolis, Brazil.
Sonnenrein, G., Elsner, A., Baumhögger, E., Morbach, A., Fieback, K., Vrabec, J., 2015a. Reducing
the power consumption of household refrigerators through the integration of latent heat storage
elements in wire-and-tube condensers. Int. J. Refrig. 51, 154-160.
Sonnenrein, G., Baumhögger, E., Elsner, A., Fieback, K., Morbach, A., Paul, A., Vrabec, J., 2015b.
Copolymer-bound phase change materials for household refrigerating appliances:
experimental investigation of power consumption, temperature distribution and demand side
management potential. Int. J. Refrig. 60, 166-173.
Standard IEC 62552, 2013. Household refrigerating appliances - Characteristics and teste methods
- Part 1: General requirements, Geneva.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

586

Manuscript ID: 189
DOI: 10.18462/iir.icr.2019.0189

Optimization potentials for the absorber and the generator
of an ammonia-water absorption heat pump
Nico MIRL, Klaus SPINDLER

Institute for Building Energetics, Thermotechnology and Energy Storage (IGTE), University of
Stuttgart, Pfaffenwaldring 6, Stuttgart, 70569, Germany, Nico.Mirl@igte.uni-stuttgart.de

ABSTRACT
Experimental investigations to identify optimization potentials of an ammonia-water absorption heat
pump are performed. In this heat pump, both the absorber and the generator are designed as plate
heat exchangers. At the inlet of the absorber, the weak solution is sprayed through a nozzle into the
refrigerant vapor, thus creating a high surface for the mass transfer. The advantages of this system
are a compact design and a low refrigerant filling quantity.
The aim of these investigations is to identify and classify optimization potentials in heat and mass
transfer in the absorber and generator. The potentials in heat transfer are determined using
calculated temperature profiles. For an analysis of the mass transfer, the ammonia mass fractions
of the strong and the weak solution are calculated with measured densities. By comparison with the
theoretically possible ammonia mass fractions, a classification in the areas of heat or mass transfer
is carried out for further optimization.
Keywords: Absorber, Absorption System, Ammonia-Water, Generator, Heat Transfer, Mass
Transfer, Optimization, Plate Exchanger

1. INTRODUCTION
In German district heating systems, operating temperatures up to 140 °C are available (Paar et al.
2013) while in customer heating systems, temperatures up to 70 °C are required. An improved
cooling of the district heating water leads to a reduction of the return temperature. One promising
opportunity to achieve an improved cooling is to use the high temperature of the district heating flow
to power an absorption heat pump with the working pair ammonia-water and to use the return as
heat source for the evaporator (Mirl et al. 2018b). Due to safety regulations for the place of
installation, the filling quantity of the absorption heat pump should be less than 10 kg ammonia.
The size and filling quantity of the absorption heat pump is highly affected by the generator. In
ammonia-water absorption systems, a vessel-type generator is typically in use (Said et al. 2016;
Staedter and Garimella 2018; Aprile et al. 2016). By using a plate heat exchanger as generator,
Müller and Spindler (2013) reduced the ammonia filling quantity from 15 kg to 4 kg. However, the
coefficient of performance of the absorption system decreased from 0.65 to 0.6. In order to improve
the efficiency of the absorption system, the potentials in heat and mass transfer of the plate-type
generator have to be investigated.
The absorber mainly influences the efficiency of the whole absorption process (Mittermaier and
Ziegler 2015). Many different types of absorbers are studied in literature, such as falling film
absorbers (Castro et al. 2009; Triché et al. 2017), bubble absorbers (Cerezo et al. 2010) and spray
absorbers (Said et al. 2016; Müller and Spindler 2013; Venegas et al. 2005). The latter absorber
type seems to be very compact, due to a high surface for mass transfer within the spray. Müller and
Spindler (2013) built a spray absorber where the weak solution is direct sprayed into a plate heat
exchanger; the high surface for mass transfer of the spray is combined with the high surface for heat
transfer of a plate heat exchanger, working as a falling film absorber.
In the present work, an ammonia-water absorption heat pump with 30 kW heating power has been
investigated experimentally. The focus has been on the analysis of the current state of the generator
and the spray absorber of the ammonia-water absorption heat pump as well as on the identification
and classification of the main optimization potentials. For both, absorber and generator, commercial
plate heat exchangers are used, due to their compactness and low costs (Müller and Spindler 2013).
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2. EXPERIMENTAL SETUP
The schematic design of the absorption heat pump is shown in Figure 1. The refrigerant vapor (1) is
liquefied in the condenser where a part of the useful heat 𝑄"#$% is extracted from the process. The
refrigerant storage tank (2) is used for the intermediate storage of liquid refrigerant. This increases
the operating range of the absorption heat pump and compensates temperature fluctuations of the
external circuits. The refrigerant heat exchanger increases the efficiency of the process: the liquid
refrigerant is subcooled after the condenser (3→4) and the refrigerant vapor (6→7) is superheated.
Via the refrigerant expansion valve, the pressure of the liquid refrigerant is reduced to the low
pressure of the heat pump (4→5). At the low pressure, the refrigerant can be evaporated at a low
temperature level (5→6). At the inlet of the absorber, the refrigerant vapor (7) is mixed with the weak
solution (8) in the absorber, resulting in the absorption of the refrigerant. In this process, the
absorption heat 𝑄&'( is released; therefore, this heat must be transferred to the heating system at a
medium temperature level. At the end of the absorption process, the strong solution has an increased
ammonia mass fraction 𝜉(( and is in liquid state (9). The liquid strong solution (9) is led into a pump
storage tank. The level of the strong solution in this tank (10) is controlled at a constant value. Via a
solution pump, the strong solution is adjusted to the high pressure (11). In order to increase
efficiency, a solution heat exchanger is used for internal heat recovery between strong solution
(11→12) and weak solution (19→20). Then, the preheated strong solution flows through the
dephlegmator (13→14), where internal heat recovery from the refrigerant vapor to the strong solution
takes place. Due to the preheating of the strong solution, a two-phase mixture of liquid strong solution
and refrigerant gas enters the generator storage tank (14). A connecting pipe (16) between the
storage tank and the dephlegmator transports refrigerant vapor to the dephlegmator (17). The liquid
strong solution flows to the generator where heat 𝑄*+$ at a high temperature level is used to
evaporate the strong solution (15) partially. In the generator separator, the two-phase flow is
separated into refrigerant vapor (18) and weak solution (19). The latter is fed back to the absorber
(19→20→8) and reused for the absorption process.

Figure 1: schematic design of the ammonia-water absorption heat pump with measuring locations
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Table 1. Uncertainty and quantity of the used measurement

Sensors type
Quantity
Uncertainty
internal fluid temperature
14
± 1⁄3 ⋅ L0.3 °C + (0.005) °C ST ⋅ 𝜗V
(PT100 1/3B)
external fluid temperature
8
± 1⁄10 ⋅ L0.3 °C + (0.005) °C ST ⋅ 𝜗V
(PT100 1/10B)
low pressure (0…10 bar)
2
± 0.008 bar
high pressure (0…25 bar)
1
± 0.25 bar
density
3
± 0.5 kg m S^
internal Coriolis flow meter
fluid temperature
3
±0.5 °C + 0.005 °C ST ⋅ 𝜗
internal Coriolis flow meter
The refrigerant vapor extracted from the generator is no pure ammonia due to its thermodynamic
equilibrium with the solvent water. In order to increase the refrigerant’s purity, the vapor is partially
condensed in a dephlegmator. In this process, water accumulates predominantly in the liquid phase.
This fluid is separated in the separator after the dephlegmator (21) and is fed back to the generator
(15). The refrigerant vapor is led to the condenser (1).
The locations of the measuring sensors are also shown in Figure 1. For temperature measurement,
PT100 sensors with an accuracy class of 1/10B are installed in the external circuits. Thus, a high
accuracy for determining the heat flow of the absorption heat pump is achieved. For safety reasons,
pipe-mounted PT100 sensors of an accuracy class of 1/3B are used to measure the temperatures
in the refrigerant and solution circuits. By using measured density, pressure and temperature, the
ammonia mass fraction of the refrigerant and the solutions can be determined by the equation of
state of (Tillner-Roth and Friend 1998). The density of the weak solution and the refrigerant is
measured in parallel to the expansion valves with one Coriolis mass flow meter each. For the density
measurement of the strong solution, a Coriolis mass flow meter is installed in parallel to the solution
heat exchanger. The mass flow through the Coriolis is approx. 2 kg/h. Due to the low mass flow, the
heat transfer in the solution heat exchanger is almost unaffected. The advantage of this setup is that
the pressure loss of the Coriolis mass flow meter has no influence on the process. However, the
mass flow of the solutions cannot be measured.
For the calculation of the total uncertainty, the uncertainties of each measurement system, given in
Table 1, were used. The method given in Eq. (1) is used to calculate the uncertainty 𝜎 of the
measured values, e.g. 𝑝, 𝑇 and 𝜌, to the state variables, e.g. 𝜉. In this work, the partial derivatives
used in Eq. (1) are calculated as central difference. An example for the central difference of the
ammonia mass fraction 𝜉 with respect to the temperature 𝑇 is given in Eq. (2), assuming that the
uncertainty 𝜎2 is used as temperature difference 𝛥𝑇 = 𝜎2 .
𝜎5 = ±
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8
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8
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=
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Eq. (1)
Eq. (2)

In order to optimize an absorption heat pump, it is of interest to maximize the absorption and
desorption efficiency. The absorption efficiency is defined in Eq. (3) as the ratio of the achieved
;,>,:
;,>,:
change of the ammonia mass fraction in the absorber (𝜉(( − 𝜉?( ) with respect to the change of
ABC,>DE ,:
;,>,:
the ammonia mass fraction in an ideal absorber (𝜉((
− 𝜉?( ). Similarly, the desorption
efficiency is defined in Eq. (4) as the ratio of the achieved change of the ammonia mass fraction
;,>,:
;,>,:
in the generator (𝜉(( − 𝜉?( ) with respect to the change of the ammonia mass fraction in an ideal
ABC,>DE ,:
;,>,:
generator (𝜉(( − 𝜉?(
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;,>,:

− 𝜉?(

Eq. (3)
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ABC,> ,:

ABC,> ,:

In Eq. (3) and Eq. (4), the ideal states 𝜉(( DE and 𝜉?( DE are obtained from the ammonia-water
equation of state for saturated liquid (𝑥 = 0) at the outlet of each plate heat exchanger. The
assumption for the solution temperature 𝜗`% is that an ideal heat exchange takes place, where the
temperature difference at the pinch point is zero. However, these efficiencies neither locate the
potentials in absorption or desorption nor do they show whether the measured ammonia mass
fractions of the solutions are close to thermodynamic equilibrium or not. For this reason, the ammonia
mass fractions of each solution are considered directly and the efficiencies are listed for
comparability with other works.

3. RESULTS AND CONCLUSIONS
The experimental tests were performed with four operating points of the absorption heat pump, which
are shown in Table 2. The operating points have been selected within the project, described in detail
in (Mirl et al. 2018a; Mirl et al. 2018b). However, findings on the absorber and on the generator can
also be transferred to other operating points. The external inlet temperatures of the evaporator
𝜗+ab,+c&d,`$ and the generator 𝜗+ab,*+$,`$ are set and controlled direct by the external temperature
control units. The heat capacity rate of these circuits was set to 𝑊+c&d = 𝑊*+$ = 0.8 kW/K and kept
constant. The external inlet temperature at the absorber 𝜗+ab,&'(,`$ is also controlled direct by the dry
heat rejection unit. The external outlet temperature at the condenser 𝜗+ab,"#$%,#ib , however, is set by
reducing the external mass flow rate 𝑀+ab,"#$% . Due to a series connection, the mass flow rate in the
absorber 𝑀+ab,&'( = 𝑀+ab,"#$% was also varied. As shown by Triché et al. (2017), a decreasing external
mass flow rate reduces the absorption.
The measured values are recorded every 5 seconds over a period of 30 minutes under stable
operating conditions. From this, time averages are formed. Those time-averaged values are used
for further process evaluation. In order to find the optimal low-pressure level of the heat pump, the
low-pressure was varied for each operating point and only those measurements with the highest
coefficient of performance are used.
In order to identify the potentials of the absorber and the generator, the ammonia mass fractions of
the strong and the weak solution are analyzed for each operating point. The results are presented
in Figure 2. The operating points are shown on the x-axis and the ammonia mass fraction is shown
on the y-axis. For each operating point, six ammonia mass fractions are calculated: three for the
strong solution (ss) and three for the weak solution (ws). The ammonia mass fraction calculated from
;,>,: ;,>,:
the measured density 𝜌 of each solution is in the middle of each bar, i.e. 𝜉(( , 𝜉?( . The ammonia
ABC,>,:
ABC,>,:
mass fractions 𝜉((
and 𝜉?(
are calculated values by using the measured temperature 𝜗 and
pressure 𝑝 and assuming that the solution at the outlet of the heat exchanger is a saturated liquid at
ABC,> ,:
thermodynamic equilibrium 𝑥 = 0. The highest value for the ammonia mass fraction 𝜉(( DE is the
ammonia mass fraction of the strong solution for ideal heat and mass transfer within the absorber.
This value is calculated as saturated liquid with given pressure 𝑝k#? and an outlet temperature of the
strong solution 𝜗((,&'(,#ib , which is equal to the inlet temperature of the external circuit 𝜗+ab,&'(,`$ .
Hence, this value corresponds to the ammonia mass fraction of the strong solution, which can be
ABC,> ,:
achieved in an ideal absorber. The lowest ammonia mass fraction 𝜉?( DE of each bar is calculated
as saturated liquid at high pressure for an ideal generator.
Regarding the optimization of the absorber and the generator, the differences between the ammonia
mass fractions can be interpreted as potentials in absorption or desorption. The differences in the
ammonia mass fractions obtained from measured densities 𝜉;,>,: and those obtained by using the
Table 2. Operating points of the absorption heat pump

Operating Point 𝜗+ab,*+$,`$ 𝜗+ab,+c&d,`$ 𝜗+ab,"#$%,#ib 𝜗+ab,&'(,`$

𝑀̇+ab,&'(

1

110 °C

42 °C

52 °C

40 °C

0.45 kg/s

2

110 °C

30 °C

43 °C

28 °C

0.41 kg/s

3

100 °C

42 °C

52 °C

40 °C

0.31 kg/s

4

100 °C

30 °C

43 °C

28 °C

0.33 kg/s
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Figure 2: analysis of the ammonia mass fractions of the strong and weak solution

saturated liquid condition 𝜉 ABC,>,: indicate the potentials in mass transfer within the generator unit
and the absorber. For the generator unit, this potential is 0.004 < Δ𝜉 < 0.007 and is therefore within
the measurement uncertainty at almost every operating point. In this regard, the generator unit works
well. For the absorber, however, the difference of the ammonia mass fraction is in the range of
0.001 < Δ𝜉 < 0.017 and is only in the third operating point within the measurement uncertainty.
Hence, there is a potential in mass transfer that could increase the current absorber efficiency for
example at operating point 2 from 𝜂G,&'( = 0.407 by Δ𝜂G,&'( = 0.102.
For both, absorber and generator, the differences between 𝜉 ABC,>DE ,: and 𝜉 ABC,>,: are larger in every
operating point than the achieved absorption and desorption, respectively. Since 𝜉 ABC,>DE ,: is
dominantly influenced by the temperature, the coupled heat and mass transfer within the heat
exchangers has the highest optimization potential.
For this reason, the heat transfer within the heat exchangers is analyzed more detailed for operating
point 2. Therefore, the heat exchangers are divided into 𝑛 = 200 cells with the same heat transfer
area 𝐴 and overall heat transfer coefficient 𝑘. The heat transfer equation Eq. (5) is solved for each
cell. With Eq. (6) and Eq. (7), the total transferred heat 𝑄 as well as the mean temperature difference
of heat transfer are calculated. With the measured temperatures and the measured total transferred
heat 𝑄 as boundary conditions, the system of equations can be solved iteratively. Hence, the
temperature profiles within the heat exchangers can be calculated.
𝑘⋅𝐴
𝑄t =
⋅𝛩v,t = 𝑀⋅𝑐: ⋅Δ𝜗t = 𝑀⋅Δℎt
Eq. (5)
𝑛
1
𝛩v =
𝑛

y

𝛩v,t
tBT

1
=
𝑛

y

𝜗T,`$ − 𝜗8,#ib

t

+ 𝜗T,#ib − 𝜗8,`$

t

2

tBT

Eq. (6)

y

𝑄=

𝑄t = 𝑘⋅𝐴⋅𝛩v

Eq. (7)

tBT
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Figure 3: analysis of the temperature profile of the absorber at operating point 2 (110|30|43|28)

The resulting temperature profiles as well as the schematic design of the absorber are shown in
Figure 3. For the calculation of the temperature profiles, the two fluids are assumed to be optimally
mixed by spraying the weak solution into the refrigerant vapor at the inlet of the absorber. Hence,
the inlet temperature of the mixture 𝜗v`a,&'(,`$ can be calculated by the energy balance and
thermodynamic equilibrium of the two-phase mixture. The calculated temperature profiles within the
absorber are shown in Figure 3 on the right. The dimensionless absorber length is plotted on the
x-axis and the temperature is plotted on the y-axis. The measured fluid temperatures are highlighted
by the superscript “meas”. The temperature of the ammonia water mixture decreases continuously
during heat transfer due to the thermodynamic equilibrium within the two-phase region. The higher
temperature decrease of the strong solution in the area of the dimensionless absorber length of
> 0.95 is caused by the subcooling of the solution. However, by controlling the pump storage tank
to a constant liquid level, vapor from the absorber must also enter the pump storage tank. This
indicates that either the distribution of the strong solution on the plate channels is uneven or the
liquid phase near the wall is actually subcooled. Hence, there is not enough surface available for
mass transfer. Regarding heat transfer, the mean temperature difference of the heat transfer is high
at 𝛩v = 9.8 K. Therefore, the absorber has to be optimized regarding a higher total heat transfer and
a better distribution of the flow to the plate channels. A higher heat transfer can be achieved by
increasing the absorber length.
Analogous to Figure 3, the temperature profile of the generator at operating point 2 are presented in
Figure 4. The strong solution enters the generator at saturated state. Analogous to the absorber, the
temperature of the solution changes along the generator length, due to the thermodynamic

Figure 4: analysis of the temperature profile of the generator at operating point 2 (110|30|43|28)
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equilibrium. However, the temperature difference in the external circuit is lower. Hence, the pinch
point of the heat transfer is present at the inlet of the weak solution and is Δ𝜗 = 17.3 K. This shows
that the maximum potential of desorption will be even higher if the external mass flow is increased.
However, one aim of Mirl et al. (2018b) is to maximize the temperature difference of the external
fluid. Therefore, the mass flow has to be low. Hence, in order to decrease the high mean temperature
difference in the generator of Θv = 21.0 K and thereby to increase desorption process, the overall
heat transfer coefficient or the heat transfer area have to be increased. Since the plate heat
exchanger already consists of 60 plates, it is not appropriate to increase the heat transfer area by
adding additional plates. Instead, a direct flow through the plate heat exchanger in conjunction with
a multi-pass plate heat exchanger should be investigated to increase the overall heat transfer
coefficient.

4. SUMMARY
Experimental investigations to identify and classify optimization potentials in heat and mass transfer
of the absorber and generator were performed. For this purpose, the ammonia mass fractions of the
strong and weak solution were analyzed at four operating points. This analysis revealed that the
absorber efficiency is 0.367 ≤ 𝜂G,&'( ≤ 0.464 and the generator efficiency is 0.351 ≤ 𝜂G,*+$ ≤ 0.410.
Hence, the unused potentials in absorption and desorption process at the current state are higher
than the achieved degassing range. It was also shown, that the potential in mass transfer at the
outlet of the generator unit is Δ𝜉 ≤ 0.007 and therefore almost in thermodynamic equilibrium at all
operating points. There is currently no need for enhancing the mass transfer at the generator unit.
A more detailed evaluation of the data showed, that the highest potential for the optimization of the
absorber and generator is within the combined heat and mass transfer at the inside of the plate heat
exchangers. The potentials were determined by using calculated temperature profiles. The mean
temperature of heat transfer at the absorber is Θv = 9.8 K and for the generator Θv = 21.0 K. From
these analyses, it is pointed out, that the absorber has to be optimized with regard to a uniform
distribution of the weak solution and refrigerant vapor to the plate channels as well as to a higher
overall heat transfer. At the generator, the heat transfer must also be improved. The use of a direct
flow multi-pass plate heat exchanger was suggested as an optimization proposal for the generator.
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NOMENCLATURE
𝐴
ℎ
𝑀
𝑝
𝑇
𝑤
𝛥
𝜂G,*+$
𝛩v
𝜎

heat transfer area (m²)
specific enthalpy (kJ/kg)
mass flow rate (kg/s)
pressure (bar)
temperature (K)
velocity (mm/s)
difference
desorption efficiency (-)
mean temperature in heat transfer (K)
uncertainty in measurement of the variable

𝑐:
𝑘
𝑛
𝑄
𝑊
𝑥
𝜂G,&'(
𝜗
𝜌
𝜉

specific heat capacity (kJ/(kg⋅K))
overall heat transfer coefficient
number of cells
heat flow (kW)
heat capacity rate (kW/K)
vapor quality
absorption efficiency (-)
temperature (°C)
density (kg/m³)
ammonia mass fraction (-)
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Subscripts
1
abs
evap
gen
i
in
mix
ref
ws

heat-emitting flow
absorber
evaporator
generator
count index
inlet
mixture
refrigerant
weak solution

2
cond
ext
high
id
low
out
ss

heat-absorbing flow
condenser
external circuit
high level
ideal heat exchanger
low level
outlet
strong solution

Superscripts
meas
𝑥 = 0, 𝜗, 𝑝
𝑥 = 0, 𝜗`% , 𝑝

measured value
calculated with use of 𝑥 = 0, 𝜗, 𝑝
calculated with use of 𝑥 = 0, 𝜗t• , 𝑝

𝜌, 𝜗, 𝑝
𝑥 = 1, 𝜗, 𝑝

calculated with use of 𝜌, 𝜗, 𝑝
calculated with use of 𝑥 = 1, 𝜗, 𝑝
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ABSTRACT
The thermodynamic critical values pcr and Tcr are used to obtain corresponding states for the
thermophysical properties. The normalized pressure p/pcr has found to be the better scaling
parameter. The thermophysical properties of ammonia are presented as function of normalized
pressure. The density ratio ´/´´ and the density difference ´-´´ play an important role in
thermosiphons and in two-phase flow heat transfer. Surface tension, viscosity and thermal
conductivity influence the process of boiling and condensation. For depressurisation by opening a
safety valve, the first derivatives of the enthalpy of vaporization and the density of the saturated
liquid with respect to the pressure are relevant. The scaling factors between ammonia and water
are given for the thermophysical properties and derivatives in a wide pressure range up to the
critical point. The influence of the pressure depending thermophysical properties on boiling and
condensation heat transfer of ammonia will be presented.
Keywords: Ammonia, Corresponding State, Thermodynamic Property, Scaling Law, Water, Boiling,
Condensation

1. INTRODUCTION
Historically, ammonia has proven to be an excellent natural refrigerant with very good
thermodynamic and transport properties. Ammonia has been used as a refrigerant in large
industrial refrigeration applications for many years. Ammonia heat pumps for heating and cooling
of large non-residential buildings achieve high energy efficiency due to the favorable
thermophysical properties. There is a great interest in using ammonia in smaller systems. Water as
a refrigerant is one of the oldest natural refrigerants for refrigeration processes down to the
freezing point. Water has excellent thermodynamic and chemical properties. A few water vapor
compression applications are known (Wobst et al. 2004, Kilicarslan & Müller 2005). Due to
worldwide efforts to reduce global warming the use of natural refrigerants must be increased. The
thermodynamic and heat transfer behavior of water and ammonia will be analysed using the
principle of corresponding state. Based on the normalized values, the scaling parameters between
water and ammonia are necessary.

2. THERMODYNAMIC SIMILARITY
The similarity of thermodynamic conditions can be obtained by choosing the thermodynamic
variables of state for the fluids. This can be achieved by using the principle of the corresponding
states. In general, the similarity can be obtained exactly by fixing one thermodynamic variable of
state. A universal, generally valid equation of state is able to describe the thermodynamic behavior
of two fluids in a dimensionless form. If the thermodynamic variables are normalized to
characteristic thermodynamic states, the theorem of corresponding states can be used. If the
thermodynamic critical values of pressure pcr, specific volume vcr and temperature Tcr are selected
for normalisation, the van der Waals equation will contain only universal constants:

3

3

1

8
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Eq. (1) is called the classical correspondence principle. By using the van der Waals equation, the
thermodynamic parameters of state for real fluids cannot be calculated with high accuracy.
However, this equation shows that the critical values pcr, Tcr and vcr are very useful to obtain
corresponding states for the thermal and caloric properties of fluid 1 and fluid 2. Considering a one
component system, vapor and liquid can only coexist in the thermodynamic equilibrium along the
saturation line. Here, all thermodynamic parameters of state can be expressed by only one
parameter of state. If the critical values are used for scaling from fluid 1 to fluid 2, one out of the
following conditions will need to be fulfilled:
Eq. (2)
The normalized pressure has been found to be the best scaling parameter (Mayinger, 1982).
The van der Waals equation in dimensionless (normalized) form shows that the behavior of the
normalized specific volume or of the normalized density, as function of the normalized pressure
and the normalized temperature, is the same for all substances. In the two-phase region (T/Tcr<1,
p/pcr<1) there exist three real solutions of the van der Waals equation. In this region ´/cr or ´´/cr
can be calculated by the same function for the model and original fluid. The density ratio ´/´´ is
also a function of the normalized pressure because of
′⁄

′

″⁄

″

Eq. (3)

The relation between the caloric parameters of state (h, cp, hv, etc.) and the thermodynamic
parameters of state (T, p, v) can be deduced from generally valid thermodynamic expressions.
The caloric parameters of state will depend on the normalized pressure in a similar way if the
corresponding principle is strictly fulfilled.
Grigull et al. (1968) showed that this thermodynamic corresponding principle can also be applied
for transport properties (e.g. thermal conductivity, viscosity). Transport properties can also be given
as a function of thermodynamic parameters of state.
The density ratio of saturated liquid and saturated vapor plays an important role in many fluid
dynamic and heat transfer processes in gas-liquid two-phase flows. Surface tension, viscosity and
thermal conductivity influence bubble growing, evaporation during rapid pressure reduction
(flashing) and entrainment. For the simulation of transient processes, e.g. rapid depressurisation
by suddenly opening a safety valve, the first derivative of the enthalpy of vaporization or the
density of the saturated liquid by the pressure is needed (Mayinger 1982).

3. THERMOPHYSICAL PROPERTIES OF AMMONIA AND WATER
Cooper (1982) showed that the thermophysical properties of water can be expressed as a function
of normalized pressure and normalized temperature with a maximum error of a few percent:

∙

⋅

⋅ 1

Eq. (4)

The coefficients a, b, c, d for the properties ´, ´´, (´-´´), hv, ´, ´, cp´,  of water are given by
Cooper (1982). Ribatski & Jabardo (2000) presented the thermophysical properties ´, ´´, cp´, cp´´,
´, ´´, ´, ´´, h´, h´´, hv and  of HFC refrigerants (e.g. R134a, R125, R152a, etc.) as function of
normalized pressure and normalized temperature.
In this work, Eq. (4) is applied to the thermophysical properties of ammonia (NH3). The coefficients
a, b, c and d have been obtained by linear regression analysis. The coefficients are given in Table
1 for the individual properties along with the minimum and maximum deviation from the values
calculated by REFPROP V9.1 (Lemmon et al. 2013).
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The density of saturated liquid and saturated vapor of ammonia (NH3) is presented in Fig. 1 and
Fig. 2, respectively, versus the normalized pressure. The deviation is within ±3 % for the saturated
liquid density and within ±6 % for the saturated vapor density of ammonia. Eq. (4) using the
normalized pressure and temperature works also well for the transport properties. The thermal
conductivity of the saturated liquid is shown in Fig. 3. Near the critical point, the deviation increases
due to the anomaly of the thermal conductivity caused by molecule clustering. The dynamic
viscosity of saturated liquid is presented in Fig. 4. The deviation is smaller than that for the thermal
conductivity. Eq. (4) does not fulfill the boundary values for these properties at p/pcr = 0 and 1. The
deviation near the critical point is increased.
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Table 1. Parameters a, b, c, d of Eq. (4) for the different properties of NH3

property unit

a

b

c

d

deviation

´

kg/m3

571.255

0.09784

-1.4206

0.11225

-2.6 to 3.1 %

´´

kg/m3

68.275

0.78741

1.49929

-0.15662

-6.8 to 6.3 %

´/´´

-

8.367

-0.68958

-2.92335

0.26887

-8.4 to 10.6 %

´ - ´´

kg/m3

1031.4

-0.02983

0.43793

0.36622

-0.9 to 0.6 %

hv

kJ/kg

1918.85

0.03579

-0.35766

0.39305

-1.4 to 1.4 %



N/m

0.1025

0.02788

-0.22006

1.21042

-0.06 to 0.07 %

´

W/(m K)

0.19986

0.36736

-5.58239

-0.04083

-10.2 to 14.8 %

-5

-0.14835

-1.36342

0.11919

-3.5 to 3.7 %

´

Pa s

7.023110

a´

m2/s

7.173210-7

-0.32663

3.93199

0.77056

-9.1 to 9.3 %

Pr´

-

0.1714

0.08047

-3.87161

-0.76361

-9.4 to 10.8 %
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4. SCALING PARAMETERS BETWEEN AMMONIA AND WATER
The comparison of the thermophysical properties of ammonia (NH3) and water (H2O) is shown in
Fig. 5 to Fig. 16. The properties of ammonia have been calculated with REFPROP V9.1 (Lemmon
et al. 2013). The IAPWS-IF97 V1.5 (Wagner et al. 2000) has been used to calculate the properties
of water. In most cases, linear scaling factors have been found with except for the dynamic
viscosity, the thermal conductivity and the Prandtl number of the saturated liquid. With the scaling
factors given in Fig. 1 to Fig. 17 and summarised in Table 2, the values of water have been
calculated based on the values of ammonia. These scaled values are presented as dashed lines in
the diagrams. These lines are very close to the lines calculated direct for water. Typical maximum
deviations between the scaled values and the real values for water are also provided in the
diagrams.
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Table 2. Scaling factors for NH3 up to water and R134a up to water in comparison

saturation pressure
saturation temperature
enthalpy of vaporization
density of saturated
liquid
density of saturated
vapor
density ratio
density difference
dynamic viscosity
surface tension
thermal diffusivity of
saturated liquid
Prandtl number of
saturated liquid
thermal conductivity of
saturated liquid
derivative of enthalpy of
vaporization by pressure
derivative of saturated
liquid density by
pressure

NH3 (this work)
pH2O = 1.95 pNH3
TH2O = 1.6 TNH3
hv,H2O = 1.65 hv,NH3

R134a (Spindler, 2001)
pH2O = 5.46 pR134a
TH2O = 1.73 TR134a
hv,H2O = 10 hv,R134a

´H2O = 1.4 ´NH3

´H2O = 0.666 ´R134a

´´H2O = 1.2 ´´NH3

´´H2O = 0.573 ´´R134a

(´/´´)H2O = 1.1 (´/´´)NH3
(´ - ´´)H2O = 1.45 (´ - ´´)NH3
´H2O = (0.95+0.4 p/pcr) ´NH3
 H2O = 1.7  NH3

(´/´´)H2O = 1.15 (´/´´)R134a
(´ - ´´)H2O = 0.666 (´ - ´´)R134a
´H2O = (0.45+0.55 p/pcr) ´R134a
 H2O = 3.51  R134a

a´H2O = (1.1 + 0.2 p/pcr) a´NH3

a´H2O = 3.2 a´R134a

Pr´H2O = 0.7 Pr´NH3

Pr´H2O = (0.25‐
0.22p/pcr+0.68(p/pcr)2)Pr´R134a

´H2O = (1.3+0.8 p/pcr) ´NH3

´H2O = (7.44+1.1 p/pcr) ´R134a

(d(hv)/dp)H2O = 0.85 (d(hv)/dp)NH3 (d(hv)/dp)H2O = 1.8 (d(hv)/dp)R134a
(d´/dp)H2O = 0.75 (d´/dp)NH3

(d´/dp)H2O = 0.126 (d´/dp)R134a
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Table 2 summarises all scaling factors found for scaling from ammonia up to water. For
comparison, the scaling factors for R134a, determined by Spindler (2001), are also provided in
Table 2. It can be seen that the scaling factors for ammonia are very different to those for R134a.
The lines of the calculated derivatives d´/dp (Fig. 15) and dhv/dp (Fig. 16) of ammonia and of the
scaled-up values for water show some residual ripples at low normalized pressure because the
derivatives are more sensitive to small errors in the thermophysical values.
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Figure 15: Derivative of saturated liquid density
Figure 16: Derivative of enthalpy of vaporization
of NH3 and H2O, upscaled values and typical deviation

5. HEAT TRANSFER IN BOILING AND CONDENSATION
Cooper (1982, 1984) showed that boiling heat transfer coefficients can be reduced to a product of
powers of the transport properties. These properties can be written in terms of normalized pressure
and normalized temperature, see Eq. (4). For water boiling on horizontal cylinders, Cooper found
the following equation depending on normalized pressure:

⋅

.

.

.

⋅

with C3 = 7.4 for water.
Eq. (5)
Mostinski (1963) applied the principle of corresponding states to nucleate pool boiling. He
correlated the data as function of normalized pressure and critical pressure:

with

⁄

.

.

0.10605 ⋅
.

1.8 ⁄

⋅

4 ⁄

Eq. (6)

⁄
.

10 ⁄

The heat flux in Eq. (5) and Eq. (6) must be given in W/m2 to obtain the heat transfer coefficient in
W/(m2 K). The heat transfer coefficients for H2O and NH3 are calculated by using Eq. (6) with the
critical pressure 113.33 bar for NH3 and 220.64 bar for H2O. The heat transfer coefficients are
plotted in Fig. 17 for the heat fluxes 5000, 20000 and 50000 W/m2. For comparison, the results for
H2O obtained by the Cooper equation (Eq. 5) are also shown. The equation by Mostinski (Eq. (6))
and by Cooper (Eq. (7)) yields about the same heat transfer coefficient for p/pcr < 0.5. At p/pcr > 0.6,
the values calculated by the Cooper equation are higher than the values by the Mostinski equation.
In total, the boiling heat transfer coefficient for water is about 1.58 times higher than for ammonia
at the same normalized pressure.
The heat transfer coefficient for laminar film condensation is calculated based on the classical film
theory by Nusselt:
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The condensation heat transfer coefficient for a horizontal tube (outer diameter do = 20 mm) and
wall subcooling S-W = 2 K is presented in Fig. 18. The thermophysical properties in Eq. (7)
depend on normalized pressure and temperature. The condensation heat transfer coefficient
decreases with increasing normalized pressure, whereas the boiling heat transfer coefficient
increases with normalized pressure (see Fig. 17). At the same normalized pressure, the
condensation heat transfer coefficient for water is about 1.8 times higher at p/pcr = 0.2 and about 2
times higher at p/pcr = 0.8 compared to ammonia.
The influence of the heater material, the surface roughness and the wetting behavior must be
considered in addition (see Abbas et al. 2017; Spindler 2010, Spindler 2015).
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6. CONCLUSIONS
The thermophysical properties of ammonia can be correlated with one generally valid correlation
only depending on normalized pressure and normalized temperature. The deviation is mostly
within 10%. Linear scaling factors for the thermophysical properties (p, T, hv, ´, ´´, (´-´´), ,
Pr´) and the derivatives (hv/dp, d´/dp) between ammonia and water have been found. For the
transport properties (´, ´, a´), the scaling factors depend linearly on the normalized pressure. The
deviation between the upscaled values of ammonia to that of water is typically within 5%. The
boiling heat transfer coefficient increases with increasing normalized pressure. The condensation
heat transfer coefficient increases with decreasing normalized pressure. Higher evaporation
temperature and lower condensation temperature of refrigeration and heat pump cycles yield
higher cycle efficiencies. The heat transfer behavior supports this.

NOMENCLATURE
a
g
do
H
p
Pr
v
T
cr

2

thermal diffusivity (m /s)
gravitational acceleration (9.81 m/s2)
outer diameter of tube (m)
heigth (m)
pressure (bar)
Prandtl number
specific volume (m3/kg)
absolute temperature (K)
critical value







h v

´
´´

heat transfer coefficient (W/(m2 K))
dynamic viscosity (Pas)
thermal conductivity (W/(m K))
density (kg/m3)
surface tension (N/m)
Celsius temperature (°C)
enthalpy of vaporization (kJ/kg)
saturated liquid
saturated vapor
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ABSTRACT
This paper describes measurements of the pool nucleate boiling heat transfer coefficient of R1234yf,
which has been used as a low GWP alternative for R134a. The measurements were conducted by
use of a horizontal platinum heating wire under the pool, saturated conditions. The boiling curves
were obtained for heat fluxes up to 220 kW/m2 and temperatures between 273 K and 294 K whose
corresponding saturation pressures lie between 318 kPa and 613 kPa. The boiling data reveal that
the heat transfer coefficient increases in proportion to the heat flux to the power of 0.712, and it is
also proportional to the saturated pressure to the power of 0.476. The comparison with the similarly
measured heat transfer coefficients of R134a indicates that the heat transfer coefficients of R1234yf
are slightly less than those of R134a, but their deviations from R134a do not exceed -5%.
Keywords: Measurement, Boiling Heat Transfer Coefficient, HFO, R1234yf, R134a.

1. INTRODUCTION
R1234yf (2,3,3,3-tetrafluoro-1-propene) is a pure unsaturated organic compound called hydrofluoroolefins (HFOs). It has a low GWP of about 4 and a low toxicity although it has a mild flammability. It
is an eminently suitable replacement for R134a in automotive air-conditioning and other refrigerating
systems in terms of the thermophysical properties including saturated vapour pressure similar to
those of R134a.
Since R1234yf was first proposed and designated as a refrigerant about a decade ago, its boiling
heat transfer coefficient, which is needed for evaporator design and others, has extensively been
investigated and reported in the literature. Among them are as follows: Park and Jung (2010)
reported the nucleate boiling heat transfer coefficient of R1234yf on plain and low fin surfaces. They
found that the nucleate boiling heat transfer coefficients are very similar to those of R134a for the
two surfaces tested. Saitoh et al. (2011) measured the boiling heat transfer coefficient of R1234yf
flowing inside a smooth small diameter horizontal tube, and they later investigated the effect of
lubricating oil on it (Saitoh et al., 2013). Longo (2012) measured the boiling heat transfer coefficient
and the pressure drop of R1234yf inside a brazed plate heat exchanger and then concluded that
R1234yf exhibits 6% to10% lower heat transfer coefficient than that of R134a. Mortada et al. (2012)
also measured the local boiling heat transfer coefficient and the pressure drop in mini-channels, and
reported that R1234yf presents a local heat transfer coefficient higher than R134a.
This study focuses attention on the pool nucleate boiling for R1234yf at saturation. The
measurements are carried out by use of a horizontal platinum heating wire, which seems to be one
of the simplest boiling heat transfer systems. The experimental pool nucleate boiling heat transfer
coefficients obtained at temperatures 273 K to 294 K are reported. Then the present heat transfer
coefficients of R1234yf are compared to those of R134a.

2. EXPERIMENTAL
Fig. 1 shows a schematic diagram of the experimental setup, whose details are given elsewhere
(Sato et al., 1998). Boiling data were obtained by heating a test liquid at saturation with a horizontal
platinum wire, whose diameter and length were 0.1 mm and 20 mm, respectively. The pressure cell
filled with the test liquid was immersed in a thermostatic bath. The bath-temperature was controlled
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at desired temperatures within a fluctuation of ±0.1 K. A computer regulated the electrical power
applied to the platinum wire. Then the electrical current through the platinum wire, I, as well as the
electrical voltage between the electrodes, E, were measured and stored in the computer
automatically. The bulk temperature of test liquid at saturation, Ts, was measured with a platinum
resistance thermometer. The surface temperature of platinum wire, Tw, was obtained from the
correlation equation which related Tw with the electrical resistance of the platinum wire, R. Then R
can be determined from E / I. The calibration was carried out prior to the experiment.
Thus the heat transfer coefficient, h, is determined from the following equation:

h=

q
T

Eq. (1)

where ΔT denotes the wall superheat defined as ΔT = Tw-Ts , and q the heat flux from the surface of
platinum wire to the test fluid around it. The heat flux, q, is determined from EI / S, where S is the
surface area of the platinum wire.

A: thermostatic bath, B: temperature controller, C: pressure cell, D: magnetic stirrer, E: platinum wire, F:
pressure sensor, G: platinum resistance thermometer, H: voltmeter for pressure sensor, I: platinum resistance
thermometer display, J: ammeter, K: power supply-1, L: voltmeter for platinum wire, M: computer, N: power
supply-2, O: magnet rotator, P: sight glass
Figure 1: Experimental setup

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1. Boiling Data
The measurements were carried out at temperatures between 273.27 K and 294.29 K, whose
corresponding saturation pressures were between 318 kPa and 613 kPa. Fig. 2 shows the boiling
data of R1234yf for four different saturation temperatures and pressures. The maximum heat flux
supplied in the experiment was about 220 kW/m2.
The boiling data at each saturation temperature was measured under the conditions of both
increasing heat fluxes from 0 to 220 kW/m2 and decreasing heat fluxes from 220 to 0 kW/m2. The up
and down steps in electrical current during the heating cycle were programmed to be ±0.1 A between
0 A and 2.3 A.
Each boiling curve shown in Fig. 2 begins with the natural convection heat transfer at lower heat
fluxes. The onsets of nucleate boiling (ONB) during the process of increasing heat flux are depicted
by the black-painted markers in Fig. 2
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Figure 2: Boiling data for four different saturation temperatures and pressures

The bubble formation at the onset of nucleate boiling means the transition from natural convection
heat transfer to nucleate boiling heat transfer. The wall superheat, ΔT, at the onset of nucleate boiling
decreased from 15.6 K to 8.2 K as the saturation pressure increases from 318 kPa to 613 kPa. The
heat fluxes at the onset of nucleate boiling, however, remained stable around 20 to 30 kW/m2. The
boiling curves had some discrepancy between the processes of increasing and decreasing heat
fluxes. The discrepancy tends to become smaller with increasing saturation temperature and
pressure. This discrepancy can be called a hysteresis in boiling curves.
In the region of natural convection heat transfer, the relationship between the heat flux, q, and the
wall superheat, ΔT, was found to be q ∝ΔT 1.04~1.11 at temperatures between 273.27 K and 294.29
K. This relationship seems to be similar to q ∝ΔT 1.25 which is a typical power law in natural
convection heat transfer with a laminar flow.
In the region of nucleate boiling heat transfer, on the other hand, the relationship between q and △T
was found to be q ∝ΔT 3.06~4.15 for temperatures 273.27 K to 294.29 K. The similar relationship, q ∝
ΔT 3, is found in Rohsenow’s equation that has widely been used to calculate nucleate boiling heat
transfer (Incropera et al. 2007).
3.2. Heat Transfer Coefficient with Heat Flux
The nucleate boiling was found to be much more stable in the process of decreasing heat flux than
that of increasing heat flux. Thus the nucleate heat transfer coefficient was determined from the
boiling data obtained in the process of decreasing heat fluxes from 220 kW/m 2 to 80 kW/m 2, where
the nucleate boiling was obviously observed through the sight-glasses of the pressure cell and the
thermostatic bath with the naked eyes.
Fig. 3 shows the experimental results of pool nucleate boiling heat transfer coefficients with heat flux
for four different saturation temperatures of 273.27 K, 280.33 K, 287.29 K, and 294.29 K. In Fig. 3,
the pressure values shown in parentheses are the corresponding saturation pressures.
The overall experimental uncertainty in h was estimated to be less than ±5%. The uncertainty in △T
resulting from the error in Tw gave the greatest contribution to the overall uncertainty in h.
It was found from the experiment that the pool nucleate boiling heat transfer coefficient is proportional
to the heat flux to the power of 0.712. The power of 0.712 for R1234yf is relatively close to the power
of 0.745 for refrigerants, which is used in the simplified correlation equation proposed by Stephan
and Abdelsalam for nucleate boiling (JSME Data Book 2005). It was also found that the pool nucleate
boiling heat transfer coefficient increases in proportion to the saturation pressure to the power of
0.476.
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Figure 3: Pool nucleate boiling heat transfer coefficients with heat flux for four different saturation
temperatures and pressures

3.3. Correlation Equation
A correlation equation was formulated to represent the experimental pool nucleate boiling heat
transfer coefficient, h, as a function of heat flux, q, and saturation pressure, P. The correlation
equation is as follows:
ℎ = 0.01951𝑞0.712 𝑃0.476

Eq. (2)

where the units used are h in kW/(m2·K), q in kW/m2, and P in kPa, respectively.
Fig. 4 shows the deviation plot of experimental pool nucleate boiling heat transfer coefficients from
the correlation, Eq. (2). It represents all the experimental data with the deviation less than ±4% and
with the absolute average deviation of ±1%. The present correlation, Eq. (2), is valid only in the range
of the heat fluxes 80 to 220 kW/m 2 and the pressures 318 to 613 kPa. In Fiq. 3, the correlation
equation is drawn by curved lines.
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Figure 4: Deviation plot of experimental pool nucleate boiling heat transfer coefficients from Eq. (2)
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3.4. Comparison with R134a
Fig. 5 shows the comparison of experimental pool nucleate boiling heat transfer coefficients for
R1234yf with those for R134a. The experimental data of R134a were obtained by using the same
apparatus and the same method as those described above. The pool nucleate boiling heat coefficient
of R1234yf was found to be slightly less than those of R134a. The deviation from R134a, however,
is not greater than -5%.
20
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Figure 5: Comparison of pool boiling heat transfer coefficients of R1234yf with those of R134a

4. CONCLUSIONS
The pool nucleate boiling heat transfer coefficient of R1234yf was evaluated experimentally by
means of a horizontal platinum wire heating method for the ranges of heat fluxes up to 220 kW/m 2,
temperatures between 273 K and 294 K, and pressures from 318 kPa to 613 kPa. The pool nucleate
boiling heat transfer coefficients of R1234yf are slightly less than those of R134a, but the deviations
of the heat transfer coefficients of R1234yf from those of R134a do not exceed -5% in the range of
heat fluxes and pressures the present study has dealt with.
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h
q
∆T

heat transfer coefficient (kW·m -2·K-1)
heat flux (kW·m -2)
wall superheat (K)

P
T

pressure (kPa)
temperature (K)
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ABSTRACT  
This  paper  describes  experimental  results  of  COP  characteristics  of  two-stage-compression  vapor-
injection  cycle  against  the  injection  pipe  length.  Theoretically,  the  mass  flow  rate  of  vapor  injection  
is   determined   by   the   pressure   difference   between   a   separator   and   a   compressor’s   injection   port.  
However,  the  pressure  pulsation  of  the  compressor  oscillates  the  pressure  difference  and  changes  
the   COP   of   this   cycle.   In   this   study,   in   order   to   reveal   this   effect   on   COP   experimentally,   COP  
characteristics  were  investigated  by  changing  the  injection  pipe  length.  The  results  show  that  the  
COP   varies   cyclically   depending   on   the   injection   pipe   length   and   this   is   caused   by   resonance   of  
pressure  wave  in  the  injection  pipe.  
Keywords:  Refrigeration,  COP,  Resonance,  Injection,  flash  tank  

1.   INTRODUCTION  
As  global  warming  is  becoming  a  serious  issue,  it  is  necessary  to  reduce  the  energy  consumption  
of   air-conditioning   systems.   Many   improvements   have   been   proposed   regarding   not   only  
component  efficiency  but  also  refrigeration-cycle  efficiency.  A  vapor-injection  cycle  is  theoretically  
known  as  a  highly  efficient  refrigeration  cycle.  Nakamura  (2010)  showed  that  the  pressure  change  
in  a  compression  cylinder  decreases  the  injection  mass  flow  rate  (IMF)  from  a  flash  tank  to  a  single  
stage  compressor,  and  decreases  COP  of  the  cycle.  To  address  this  issue,  a  vapor-injection  cycle  
with  a  two-stage  rotary  compressor  was  proposed  (Nonaka,  2004;;  Kubota,  2005).  This  compressor  
is   composed   of   1st-   and   2nd-stage   cylinders   connected   in   series.   A   vapor   refrigerant   is   injected  
between   the   two   cylinders   so   that   IMF   is   not   affected   by   pressure   change   in   the   compression  
cylinders.    
However,   still   there   is   a   possibilities   that   the   IMF   would   be   affected   by   pressure   pulsation  
generated  by  intermittent  suction  and  discharge  action  of  the  1st-  and  2nd-stage  cylinders  (Kubota,  
2014).  If  there  is  no  pressure  pulsation,  the  IMF  is  determined  by:  1)  the  vapor  quality  in  the  flash  
tank   and   2)   pressure   drop   from   the   flash   tank   to   the   compressor.   The   small   pressure   drop   can  
increase   the   vapor   quality   and   IMF.   Therefore,   a   shorter   injection   pipe   should   be   better   for  
obtaining   a   higher   COP.   On   the   other   hand,   pressure   pulsation   wave   may   travel   in   the   injection  
pipe   and   effect   to   the   IMF   and   the   cycle   COP.   This   phenomenon   makes   it   difficult   to   design   the  
injection  pipe  length.  
In   this   paper,   a   correlation   between   the   injection   pipe   length   and   the   cycle   COP   was   discussed  
using  experimental  results  in  order  to  reveal  the  effect  of  pressure  pulsation  on  COP.  This  paper  
shows  how  the  COP  varies  depending  on  the  injection  pipe  length.  
  

2.   TWO-STAGE-COMPRESSION  VAPOR-INJECTION  CYCLE  
Fig.  1  shows  pressure-enthalpy  diagrams.  In  the  basic  cycle  shown  in  Fig.  1(a),  a  liquid  refrigerant  
from  the  condenser  outlet  expands  to  evaporating  pressure,  through  the  evaporator,  and  flows  to  
the   suction   of   the   compressor.   The   refrigerant   is   compressed   from   evaporating   pressure   to  
condensing   pressure.   In   the   two-stage-compression   vapor-injection   cycle   shown   in   Fig.   1(b),   a  
liquid  refrigerant  from  the  condenser  outlet  expands  to  intermediate  pressure,  and  then  separates  
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into   liquid   and   vapor   phases   in   the   flash   tank.   The   liquid   refrigerant   expands   further   then   flows  
through   the   evaporator,   and   enters   the   suction   of   the   1st-stage   cylinder.   The   refrigerant   is  
compressed   from   the   evaporating   pressure   to   the   intermediate   pressure   in   the   1st-stage   cylinder.  
The   vapor   refrigerant   in   the   flash   tank   is   injected   between   the   two   cylinders   then   joins   the  
refrigerant   discharged   from   the   1st-stage   cylinder.   Both   are   then   compressed   until   arriving   at   the  
condensing  pressure  in  the  2nd-stage  cylinder.    
In  this  cycle,  the  mass  flow  rate  through  the  evaporator  is  smaller  than  that  of  the  basic  cycle.  Thus,  
the   compression   power   of   the   1st-stage   cylinder   decreases.   Moreover,   the   suction   pressure  
increases  because  of  the  smaller  pressure  drop  through  the  evaporator  to  the  compressor  suction.  
Although  the  injection  reduces  the  mass  flow  rate  through  the  evaporator,  the  enthalpy  difference  
across   the   evaporator   is   greater   than   that   of   the   basic   cycle.   Therefore,   the   cooling   capacity   is  
almost  the  same,  and  the  COP  improves  in  cooling  mode.  In  heating  mode,  the  injection  increases  
the   mass   flow   rate   through   the   condenser,   but   the   enthalpy   difference   across   the   condenser  
decreases,   so   the   heating   capacity   does   not   change.   Therefore,   the   COP   improves   since   the  
compression   power   decreases.   This   effect   of   injection   varies   due   to   the   intermediate   pressure  
because   both   the   vapor   quality   in   the   flash   tank   and   the   compression   power   of   the   two   cylinders  
change.  There  is  an  appropriate  intermediate  pressure  for  obtaining  a  higher  COP  in  this  cycle.  
In  fact,  the  pressure  between  the  two  cylinders  (Pm)  is  determined  by  the  displacement  ratio  of  the  
1st-   and   2nd-stage   cylinders,   and   the   pressure   of   the   flash   tank   (Pt)   is   higher   than   Pm   by   the  
pressure   drop   through   the   injection   pipe.   If   the   Pt   increases,   the   amount   of   vapor   decreases  
because   of   the   lower   vapor   quality,   and   the   effect   of   injection   decreases.   Therefore,   smaller  
pressure  drop  through  the  injection  pipe  is  important  to  obtain  larger  vapor  refrigerant  in  the  flash  
tank.  A  shorter  injection  pipe  should  be  better  to  obtain  a  higher  COP.    
However,   considering   the   pressure   pulsation   of   the   compressor,   pressure   pulsation   wave   may  
travel   in   the   injection   pipe   and   effect   to   the   IMF   and   the   cycle   COP.   In   that   case,   appropriate  
injection  pipe  length  changes.  Therefore,  we  assumed  that  an  inertial  supercharging  effect  should  
be   considered   which   may   occur   at   the   suction   of   2nd   cylinder   and   the   injection   pipe.   This   effect  
occurs   at   the   suction   of   a   rotary   compressor   (Ito,   1970)   and   is   useful   for   obtaining   larger   cooling  
and  heating  capacity  because  it  increases  the  mass  flow  rate  of  the  compressor.  This  effect  occurs  
when   the   vapor   refrigerant   in   a   suction   pipe   is   in   a   resonant   state.   A   resonance   wave   is   formed  
from   the   pressure   waves   generated   by   the   pressure   pulsation   in   the   compressor.   Resonance  
occurs  when  the  compressor  frequency  is  the  same  as  the  natural  frequency  of  the  suction  pipe.  
The  natural  frequency  of  the  pipe  can  be  calculated  as:  
𝑓" = (2𝑛 − 1) 4 × 𝑎-./ 𝐿1

(n=1,2,3…)

Eq. (1)

where  𝑓" 	
  is  the  natural  frequency  of  the  pipe  in  s-1,  and  𝑎-./   is  the  sound  speed  of  vapor  refrigerant  
in  m.s-1,  and  𝐿1   is  the  pipe  length  in  m.    
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Although  the  cooling  and  heating  capacity  increases  with  the  inertial  supercharging  effect,  the  COP  
does  not  improve  in  the  basic  cycle  because  of  the  increased  compression  power.  However,  if  the  
inertial  supercharging  occurs  at  the  2nd-stage  cylinder  in  the  two-stage-compression  vapor-injection  
cycle,   the   COP   might   improve   because   of   the   increased   IMF.   There   is   a   pressure   pulsation  
generated  by  intermittent  suction  and  discharge  action  of  the  1st-  and  2nd-stage  cylinders  in  a  two-
stage  compressor.    
Therefore,   we   assumed   that   this   pressure   pulsation   could   cause   the   inertial   supercharging   in   the  
2nd-stage   cylinder.   We   investigated   the   COP   characteristics   by   focusing   on   the   resonance   in   the  
injection   pipe.   Since  𝑓" 	
    is   a   function   of   pipe   length,   we   conducted   tests   at   various   injection   pipe  
lengths.  

3.   TESTING  SYSTEM    
Fig.  2  shows  a  schematic  diagram  of  the  testing  system.  The  system  is  based  on  a  commercialised  
residential  air  conditioner  with  a  rated  cooling  capacity  of  2.8  kW  that  can  be  used  in  both  cooling  
and   heating   modes.   The   compressor   was   replaced   with   a   two-stage   rotary   compressor,   and   the  
flash  tank  was  placed  on  the  liquid  line.  Expansion  valves  1  and  2  were  placed  on  both  sides  of  the  
flash   tank.  The  injection  pipe  connected  the  flash   tank  to  the   connecting   pipe   at   the   compressor.  
Two  ball  valves  were  placed  on  the  injection  pipe.  The  valves’  inner  diameters  were  the  same  size  
as  the  injection  pipe,  4.95  mm,  so  as  not  to  affect  the  internal  pressure  waves.  The  entire  injection  
pipe  length  (L1)  could  be  changed  by  replacing  the  pipe  between  these  two  valves.  Four  pressure  
sensors  were  placed  on  the  injection  pipe;;  measurement  points  P1,  P2,  P3,  and  P4  in  the  Fig  2.  A  
sampling   rate   for   these   sensors   were   50   kHz.   Fig.   3   shows   the   structure   of   the   two-stage   rotary  
compressor   installed   in   this   system.   Two   cylinders   placed   in   the   shell   rotated   at   the   same  
frequency   on   a   common   axis.   An   operation   phase   difference   between   two   cylinders   was   180  
degrees.   The   1st-stage   cylinder   was   connected   to   the   2nd-stage   cylinder   through   the   1st-stage  
discharge   chamber   and   the   connecting   pipe.   Thus,   the   two   cylinders   worked   as   a   two-stage  
compressor.   The   vapor   refrigerant   from   the   flash   tank   was   injected   into   the   connecting   pipe  
through  the  injection  port  on  it.    
The  test  was  conducted  in  a  climatic  chamber  and  the  air-enthalpy  method  was  applied  to  measure  
the  cooling  and  heating  capacity,  and  the  power  consumption  was  also  measured  to  calculate  the  
COP.   This   facility   followed   JIS   standard   (JIS   C   9612:2005).   The   uncertainties   for   pressure,  
temperature,  air  flow  rate  and    power  consumption  are  about    ±10kPa,  ±0.15℃,  ±0.25%  and  ±0.3%,  
respectively.   The   resulting   uncertainties   for   COP   is   about   ±2.1%.   The   openings   of   expansion  
valves  1  and  2  were  manually  controlled  to  find  the  best  condition  for  a  higher  COP,  while  keeping  
the  degree  of  suction  superheat  at  3  K.    
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25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

611

Accumulator  
Discharge  pipe  

Suction  pipe  

Shell  
Motor  
Shaft  

2nd-stage  
cylinder  

Injection  pipe  

1st-stage  
cylinder    

Injection  port  

1st-stage  
discharge    
chamber  

Connecting  pipe  

                                  Figure  3:  Structure  of  two-stage  rotary  compressor  
  

4.   RESULTS  AND  DISCUSSIONS    
4.1.  

Pressure  pulsation  in  injection  pipe  

We  first  investigated  whether  there  were  pressure  waves  in  the  injection  pipe,  and  also  whether  the  
waves   were   originated   from   the   compressor.   The   test   was   conducted   in   cooling   mode   with   a  
compressor  frequency  of  31.7  s-1,  and  L1  was  3140  mm.  The  pressure  at  each  measurement  point  
was  measured.  Fig.  4(a)  shows  the  measured  pressures  against  elapsed  time.  The  notation  dP  on  
the  vertical  axis  is  a  deviation  from  the  time  average  of  pressure.  To  investigate  that  each  pressure  
wave  was  originated  from  the  compressor,  each  elapsed  time  was  modified,  as  shown  in  Fig.  4(b).  
The  modified  elapsed  time  was  calculated  by  shifting  the  time  using  the  traveling  time  of  the  vapor  
refrigerant’s  pressure  waves  from  the  compressor  to  each  measurement  point.  The  distance  from  
the  compressor  to  each  measurement  point  (P1,  P2,  P3  and  P4)  was  90,  970,  2700,  and  3050  mm,  
respectively,  and  the  traveling  time  for  each  measurement  point  was  0.6,  6.1,  16.9,  and  19.1  ms,  
respectively.    
The  results  show  there  were  pressure  wave  in  the  injection  pipe.  Although  there  were  differences  
in  shape  between  each  wave  in  Fig.  4(b),  all  pressure  waves  overlapped  and  the  oscillation  period  
of   each   wave   was   the   same   as   the   compressor   rotation   period   of   31.6   ms.   Therefore,   it   was  
confirmed  that  there  were  pressure  waves  originated  from  the  compressor  in  the  injection  pipe.  In  
this  test,  the  oscillating  amplitude  at  P1  near  the  compressor  was  about  100  kPa,  that  at  P2  was  
smaller,  and  that  at  P4  near  the  flash  tank  was  the  smallest  at  about  25  kPa.  
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4.2.  

COP  characteristics  against  injection  pipe  length  

The   COP   characteristics   against   injection   pipe   length   were   evaluated   to   understand   the   effect   of  
pressure  pulsation.  The  test  was  conducted  by  changing  the  injection  pipe  length  in  cooling  mode.  
The   experimental   conditions   are   listed   in   Table   1.   The   compressor   frequency   was   fixed   during  
each  test,  and  two  conditions  were  used.    
Table  1.  Experimental  conditions  in  cooling  mode  

Mode  
Outdoor  temperature  (DB/WB)  [deg.  C]  
Indoor  temperature  (DB/WB)  [deg.  C]  
Compressor  frequency  [s-1]  
Injection  pipe  length  [mm]  

Cooling  
35/24  
27/19  
30.0,  31.7  
330  -  7640  

  
Fig.   5   shows   the   experimental   results.   The   notation   %COP   on   the   vertical   axis   is   the   COP   ratio  
based   on   the   data   for   the   injection   pipe   length   of   330   mm,   which   is   the   shortest   injection   pipe  
length  in  this  test.  The  notation  WLR  on  the  horizontal  axis  is  non-dimensional  parameter  which  is  
equivalent  to  pipe  length.  The  WLR  is  defined  as  injection  pipe  length  divided  by  the  wavelength  of  
a  pressure  wave  generated  by  the  compressor.    
𝑊𝐿𝑅 = 𝐿𝑖𝑝
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   Eq. (2)

where  𝐿<1   is  the  injection  pipe  length  in  m,  and  𝑓=>?1   is  the  compressor  frequency  in  s-1.    
The  experimental  results  indicate  that:  1)  the  %COP  cyclically  oscillated  with  the  change  in  WLR;;  
2)  the  %COP  had  peaks  when  WLRs  was  1/4,  3/4,  and  5/4;;  and  3)  the  interval  of  each  peak  was  
the  same  as  a  WLR  of  1/2.  These  results  agree  with  Eq.  (1).  Therefore,  the  %COP  was  considered  
affected   by   the   resonance   in   the   injection   pipe   generated   by   the   pressure   pulsation   of   the  
compressor.  The  %COP  difference  between  peak  and  bottom  reached  a  maximum  of  3%.  
Fig.   5   also   shows   that   the   peak   of   %COP   gradually   decreased   by   increasing   the   WLR.   This   is  
because   a   larger   pressure   drop   in   the   injection   pipe   decreases   the   COP.   This   effect   is   less   than  
1  %  in  this  test  and  is  smaller  than  that  of  the  pressure  pulsation.  As  a  result,  the  COP  was  highest  
when  the  WLR  was  1/4.  
WLR   can   be   nearly   zero   if   there   is   no   experimental   components   such   as   pressure   sensors   and  
valves.   The   %COP   of   this   condition   is   assumed   to   be   99%.   Therefore,   these   results   mean  
that  %COP  improves  by  3%  by  extending  the  WLR  from  nearly  zero  to  1/4.  
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Figure  5:  %COP  characteristics  against  WLR  in  cooling  mode  
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4.3.  

COP  characteristics  at  higher  compressor  frequency    

The   %COP   is   assumed   to   be   oscillate   against   WLR   in   Fig.   5.   However,   the   data   of   the   different  
compressor  frequency  condition  do  not  exactly  match.  To  investigate  whether  the  COP  oscillates  
against  WLR  even  at  a  higher  compressor  frequency,  the  compressor  frequency  was  increased  to  
45.0   s-1.   This   test   was   conducted   in   heating   mode.   Table   2   lists   the   test   conditions   for   heating  
mode.    
Fig.  6  shows  the  experimental  results.  The  WLR  was  calculated  using  the  compressor  frequency  of  
this  test.  The  %COP  is  based  on  the  COP  for  the  injection  pipe  length  of  1670  mm,  which  is  the  
shortest   injection   pipe   length   in   this   test.   As   shown   in   Fig.   6,   the   %COP   represented   cyclic  
oscillation  against  the  WLR.  The  peak  value  was  obtained  at  WLRs  of  1/4,  3/4,  5/4,  and  7/4.  The  
interval  of  each  peak  was  a  WLR  of  1/2.  These  results  were  the  same  as  those  in  cooling  mode.  
Therefore,  the  COP  is  clearly  affected  by  the  pressure  pulsation  of  the  compressor  and  oscillates  
against  WLR.    
However,   compared   with   the   cooling   mode,   there   was   no   gradual   decrease   in   the   peak   of  
the  %COP  with  increasing  WLR.  Moreover,  the  %COP  difference  between  peak  and  bottom  was  
about   0.9%   in   heating   mode   and   was   smaller   than   that   in   cooling   mode,   which   was   about   3%.  
These  results  were  due  to  the  difference  in  the  magnitude  of  the  pressure  drop  through  the  suction  
pipe.   This   magnitude   was   smaller   in   heating   mode   than   that   in   cooling   mode.   Thus,   the   effect   of  
decreasing   the   pressure   drop   lessened.   Therefore,   the   peak   of   the   %COP   did   not   decrease  
significantly   with   WLR   in   heating   mode   compared   to   that   in   cooling   mode.   As   a   result,   the   best  
condition  to  obtain  the  highest  %COP  was  a  WLR  of  1/4.  
Table  2.  Experimental  conditions  in  heating  mode  

Mode  
Outdoor  temperature    (DB/WB)  [deg.  C]  
Indoor  temperature    (DB/WB)  [deg.  C]  
Compressor  frequency  [s-1]  
Injection  pipe  length  [mm]  

Heating  
7/6  
20/-  
45.0  
1670  -  6640  

%COP (%)

101.0

100.5
100.0
0.9%

99.5
base
99.0

0/1

1/4

1/2

3/4

1/1
WLR

5/4

3/2

7/4

2/1

Figure  6:  COP  characteristics  against  WLR  at  higher  compressor  frequency  
  

4.4.  

Resonance  in  injection  pipe  

From  the  above  results,  the  variation  in  COP  due  to  injection  pipe  length  was  confirmed.  Moreover,  
the  COP  characteristics  can  be  determined  from  the  WLR.  Therefore,  resonance  was  considered  
generated   by   pressure   waves.   To   confirm   whether   resonance   occurred   in   the   injection   pipe,   the  
amplitude   characteristics   of   pressure   oscillation   was   measured   by   changing   the   injection   pipe  
length.    
Fig.  7  shows  the  measured  pressure  at  each  measurement  point  against  the  modified  elapsed  time.  
This  test  was  conducted  with  an  L1  of  5140  mm  in  cooling  mode.  The  vertical  axis  is  a  deviation  
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from   the   time   average   of   pressure,   the   same   as   in   Fig.   4.   The   amplitude   of   P1,   placed   near   the  
compressor  (pressure-wave  source)  was  the  same  as  that  in  Fig.  4  and  the  same  as  P3  and  P4,  
which  were  placed  near  the  flash  tank.  However,  the  amplitude  of  P2  placed  in  the  middle  of  the  
injection  pipe  was  significantly  larger  than  that  in  Fig.  4  and  larger  than  that  of  P1.  These  results  
indicated   that   the   amplitude   of   the   P2   varied   due   to   resonance.   We   then   measured   whether   the  
amplitude  of  P2  varied  against  pipe  length.  
Fig.   8   shows   the   results.   The   vertical   axis   is   the   peak-to-bottom   amplitude   of   P2.   The   notation  
WLR2  on  the  horizontal  axis  is  the  WLR  calculated  using  L2  as  a  injection  pipe  length  in  Eq.  (2).  
The   L2   is   the   pipe   length   between   the   flash   tank   and   P2.   The   amplitude   of   P2   had   a   cyclic  
oscillation  against  WLR,  similar  to  the  COP.  It  seemed  that  amplitude  of  P2  had  peaks  at  WLRs  of  
1/4,   3/4,   and   5/4,   and   the   interval   of   each   peak   was   the   same   as   a   WLR   of   1/2.   These   results  
indicate   that   resonance   occurs   in   the   injection   pipe   due   to   the   reflected   pressure   wave   from   the  
flash   tank.   Therefore,   we   concluded   that   the   COP   characteristics   against   WLR   are   caused   by  
change  of  resonance  condition  in  the  injection  pipe.  
When  resonance  occurs,  an  amplitude  of  the  pressure  pulsation  in  the  connecting  pipe  increases.  
When   the   pressure   in   the   connecting   pipe   is   high,   the   1st-stage   cylinder   is   in   a   discharge   phase  
and  the  2nd-stage  cylinder  is  in  a  suction  phase  because  the  operation  phases  of  the  two  cylinders  
are   shifted   by   180   degrees.   Therefore,   the   mass   flow   rate   of   the   2nd-stage   cylinder   increases  
because  a  density  of  the  vapor  refrigerant  is  larger  at  the  high  pressure  condition.  Since  the  mass  
flow   rate   from   the   1st-stage   cylinder   does   not   increase,   IMF   increases   under   this   condition.   The  
COP  should  improve  because  of  the  increased  IMF.  
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5.   CONCLUSIONS  
In  order  to  reveal  the  effect  of  pressure  pulsation  on  COP,  we  experimentally  investigated  the  COP  
characteristics  against  injection  pipe  length.  We  obtained  the  following  conclusions.  
  
1)   The  COP  cyclically  oscillates  as  a  function  of  WLR,  and  this  is  caused  by  change  of  resonance  
condition  in  the  injection  pipe.  
2)   The   effect   of   pressure   pulsation   on   COP   is   larger   than   that   of   pressure   drop   in   the   injection  
pipe.    
3)   When  WLR  is  1/4,  the  COP  reaches  the  highest  value.  
4)   By  extending  the  WLR  from  nearly  zero  to  1/4,  the  COP  improved  by  3%  in  cooling  mode  and  
0.9%  in  heating  mode.  
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ABSTRACT
This study experimentally investigated the flow boiling heat transfer and pressure drop of
R32/lubricant oil mixtures in a horizontal multiport tube with circular minichannels at a saturation
temperature of 15 °C. The effects of mass velocity, heat flux, vapor quality, and oil concentration on
the flow boiling heat transfer and pressure drop were clarified. The local heat transfer coefficient of
R32/oil mixtures decreased with increasing oil concentration, as compared with that of pure R32,
except under conditions of higher heat flux and lower quality. However, considering the increase in
the bubble-point temperature with oil mixing, the degradation of heat transfer coefficient with oil
mixing was small under conditions of higher mass velocity and quality. The frictional pressure drop
of the R32/oil mixture was higher than that of pure R32 and increased with increasing oil
concentration. The frictional pressure increased with increasing heat flux in the lower quality region.
Keywords: Boiling heat transfer, Pressure drop, Multiport tube, Minichannel, R32, Lubricant oil

1. INTRODUCTION
In recent years, heat exchangers for air conditioning systems have been required to fulfill the criteria
of miniaturization and high performance. Thus, multiport flat tubes consisting of multiple
minichannels with a hydraulic diameter of 1 mm or less have gained attention. Moreover, the
transition to alternative refrigerants with lower environmental loads is proceeding as a result of
regulations on refrigerants for air conditioners, such as the Freon emission control method, and the
development of equipment that uses R32, which has a relatively low global warming potential (GWP).
Several studies on flow boiling heat transfer in multiport tubes have been reported. Tanaka et al.
(2014) visualized two-phase flow patterns and measured boiling heat transfer coefficient using
R1234yf in a vertical multiport tube. For a horizontal multiport tube, Kudo et al. (2016) reported
experimental results of boiling and condensation heat transfer coefficients using R134a, and
investigated the effect of channel shape on heat transfer characteristics. Eda et al. (2018)
investigated the boiling heat transfer coefficient of R32 in a horizontal multiport tube with circular
minichannels, and confirmed that heat transfer characteristics were similar to those of a macroscale
tube under high mass velocity or high heat flux conditions. However, the heat transfer differed under
low mass velocity and low heat flux conditions.
In actual machines, lubricant oil mixed with high-temperature and high-pressure refrigerants is
discharged from compressors. Previous studies have shown that lubricant oil affects the flow boiling
heat transfer and pressure drop characteristics. Filho et al. (2009) reviewed previous studies and
found a lack of agreement on the boiling heat transfer characteristics with lubricant oil. However, the
pressure drop characteristics exhibited the same trends in all studies they reviewed. It is necessary
to accurately clarify the influence of oil on flow pattern, heat transfer, and pressure drop
characteristics. However, the influence of the oil varies based on the refrigerant/oil combination and
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the channel shape. Numerous studies have evaluated the influence of lubricant oil on flow boiling
heat transfer and pressure drop in macroscale tubes. For a multiport tube, Saitoh et al. (2013)
visualized the flow pattern inside vertical multiport channels using a R1234yf/POE oil mixture, and
reported that many bubbles blocked the flow path. However, further studies are needed to clarify the
flow boiling heat transfer of refrigerant/oil mixtures inside a multiport tube.
This study experimentally investigated the flow boiling heat transfer coefficient and pressure drop of
R32/PVE oil mixtures in a horizontal multiport tube with circular minichannels, and clarified the
influences of oil concentration, mass velocity, heat flux, and vapor quality on these two parameters.

2. EXPERIMENTAL SETUP AND CONDITIONS
2.1.

Experimental setup

Fig. 1 shows the experimental setup used in this study. The subcooled liquid refrigerant was
discharged from the gear pump, and flowed to water and electric preheaters. The vapor quality of
the test refrigerant was adjusted by the heat transfer rate in the electric preheater. The refrigerant
then flowed into a test section, in which the heat transfer and pressure drop were measured. The
refrigerant temperature and pressure were measured using K-type thermocouples and pressure
transducers at the inlets of the electric preheater and the test section. The flow rate and pressure of
the refrigerant were adjusted using needle valves and water temperature flowing through a
condenser. The oil was charged from the filling/separating loop connected to the test section outlet.
A few samples of liquid refrigerant and oil were taken, and the oil concentration was obtained using
the measured mass ratio of the refrigerant/oil mixture and the oil.
Fig. 2 shows the test section for measuring heat transfer and pressure drop. The test multiport tube
was heated by sheet heaters attached to the upper and lower surfaces of the tube. The wall
temperatures at the upper and lower surfaces were measured using K-type thermocouples attached
to the outer tube surface at 25 mm intervals. The refrigerant pressure distribution was obtained using
pressure measurements at the inlet and outlet of the test tube using absolute and differential
pressure transducers. The effective heating length was 300 mm and pressure measuring length was
445 mm. The cross-sectional view of the test multiport tube is shown in Fig. 3. The test tube consisted
of 12 circular minichannels with an inner diameter of 0.81 mm, a cross-sectional area of 6.18 mm2
and an inner perimeter of 30.5 mm.
2.2.

Experimental conditions

The experiments were carried out using R32/PVE oil mixtures inside a horizontal multiport tube in a
mass velocity range of 50–400 kgm-2s-1 and a heat flux range of 5–40 kWm-2 at a saturation
temperature of 15 °C. The measured heat transfer and pressure drop of the R32/oil mixture were

Test section

T,P

T,P

Electric
preheater

T,P

Super heater
Oil separator

Sampling port

Condenser

Figure 2: Test section

Water
preheater
Subcooler
Mass flow meter

Pump

Figure 1: Experimental setup

Receiver

Figure 3: Cross-sectional view of the test tube

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

618

compared with those of pure R32. The thermal properties of R32 were calculated using REFPROP
ver.10 (Lemmon et al., 2018).

3. DATA REDUCTION
3.1.

Data reduction method

The boiling heat transfer coefficient αs is obtained using the inner wall temperature Tw and the
saturation temperature of the pure refrigerant Ts.
q
Tw  Ts

s 

Eq. (1)

where q is the heat flux defined by the actual inner heat transfer area, Ts is the saturation temperature
of the pure refrigerant at the measured test pressure. The temperature of the R32/oil mixture
changes with increasing oil concentration ratio, and Ts does not remain equal to Tbub. The heat
transfer coefficient defined using bubble-point temperature is calculated by
q
Tw  Tbub

 bub 

Eq. (2)

In this study, preliminary experiments were carried out to obtain the bubble-point temperature of
refrigerant/oil mixtures. The temperature of the test R32/PVE oil mixture is correlated using the
empirical equation (Eq.(3)) to calculate the bubble-point temperature of R22/oil mixtures that was
proposed by Takaishi-Oguchi (1987). The experimental equations, which were modified based on
measured temperatures of the test R32/PVE oil mixture, are given in Eqs.(4)–(5).
Tbub 

A
ln  Ps   B

Eq. (3)

A  66.59  1.95Co, x  23.03Co, x 3  6.01Co, x 5  1.4Co, x 7

Eq. (4)

B  0.0164  0.082Co, x  0.0926Co, x 3  0.0396Co, x 5  0.00428Co, x 7

Eq. (5)

where Ps is the saturation pressure in MPa.
The oil concentration in the liquid-phase Co,x is calculated by
C o, x 

Co
1  1  C o  x

Eq. (6)

As the oil concentration increases, the liquid density of the test R32/oil mixture decreases, while its
surface tension, liquid viscosity, kinematic viscosity, and thermal conductivity increase.
The frictional pressure drop was measured between the inlet and outlet of the test tube for boiling
flow. Frictional pressure drop ΔPF is calculated by the following equation:
PF  Pmes  Pa  Pe

Eq. (7)

where ΔPmes is the measured pressure drop, ΔPa is the acceleration pressure drop calculated by the
homogeneous flow model, and ΔPe is the pressure loss due to the abrupt contraction and expansion
at the inlet and outlet of the test tube, as estimated by the equations of Collier and Thome (1994). In
this study, ΔPa/ΔPmes and ΔPe/ΔPmes are 12% and 14% or less, respectively.
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4. RESULTS AND DISCUSSION
4.1.

Boiling heat transfer coefficient

Fig. 4 shows the heat transfer coefficient αs of pure R32 at mass velocities of 50–400 kgm-2s-1
reported by Eda et al. (2018). The data plots in the figure are representative values obtained by
measurement heat transfer coefficients for each mass flux and heat flux condition in the vapor quality
range of 0.05–0.95 at 0.05 intervals. At lower heat flux, the heat transfer coefficients of pure R32 at
mass velocities of 200 and 400 kgm-2s-1 increase with vapor quality because of enhanced forced
convection. The heat transfer coefficient except for the lowest mass velocity increases with
increasing heat flux owing to enhanced nucleate boiling; however, the heat transfer coefficient
decreases as heat flux increases, to G = 50 kgm-2s-1, because the liquid film around the elongated
vapor plugs dried when the flow pattern was plug flow.
Fig. 5 shows the heat transfer coefficient αs of R32/oil mixture at Co = 3.7 wt%. The experiments
were carried out by changing inlet vapor quality to obtain data in a wide vapor quality range. With
the exception of limited condition for low vapor quality and high heat flux, the heat transfer
coefficients of the R32/oil mixture are lower than those of pure R32 at each mass velocity and heat
flux condition. The heat transfer coefficient of R32/oil mixture decreases drastically compared with
pure R32 at lower mass velocities and in higher vapor quality regions. On the other hand, for R32/oil
mixture, the increment ratio of the heat transfer coefficient due to increasing heat flux is significant
compared with that of pure R32; the heat transfer coefficient of R32/oil mixture is higher than that of
pure R32 when the heat flux is 20 kWm-2 or more. Regardless of mass velocity, the heat transfer
coefficient of R32/oil mixture deteriorates in the high quality region because the oil concentration in
the liquid-phase rapidly increases with vapor quality, and strongly affects the heat transfer
characteristics.
Fig. 6 shows the effect of oil concentration on heat transfer coefficient for a heat flux of 5 kWm-2 and
mass velocities of 50, 100, 200, and 400 kgm-2s-1. The heat transfer coefficient decreases with
increasing oil concentration for any mass velocity condition, especially decreasing drastically at lower
mass velocities. Therefore, the heat transfer degradation decreases with increasing mass velocity,
and similar trends have been observed by previously reported studies, as reviewed by Filho et al.
(2009). The heat transfer coefficient decreases in the higher vapor quality region. The heat transfer
coefficient at G = 50 kgm-2s-1 dramatically decreases as oil concentrations increase at Co = 2.2 and
3.7 wt%. At G = 100 kgm-2s-1, the heat transfer coefficient dramatically decreases at Co = 3.7 wt%.
At the highest mass velocity, the heat transfer coefficient gradually decreases with increasing oil
concentration in the higher vapor-quality region, while there is no effect of oil concentration in the
lower vapor-quality region.
Fig. 7 shows the comparison between the heat transfer coefficients αs and αbub that are calculated
using saturation temperature or bubble-point temperature at each of the mass velocity and heat flux
conditions. At the mass velocity of 100 kgm2s-1 or below, there is no difference between the heat
transfer coefficients αs and αbub. At higher mass velocities and low heat fluxes, the heat transfer
coefficients defined using the bubble-point temperature are higher compared to those defined using
the saturation temperature; in other words, increase in bubble-point temperatures affect the heat
transfer coefficients. However, despite higher mass velocities, the influence of increasing bubblepoint temperatures can negligible when the heat flux is sufficiently large.
Fig. 8 shows the effect of heat flux and oil concentration on heat transfer at x = 0.2. The heat transfer
coefficient decreases with increasing oil concentration. The effect of oil concentration on the heat
transfer coefficient is significant at heat fluxes of 10 and 20 kWm-2. Compared to pure R32, the heat
transfer coefficient deteriorates at oil concentrations of 0.4 and 0.8 wt%; however, it increases as oil
concentration increases.
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Figure 4: Heat transfer coefficients of pure
R32. Data from Eda et al. (2018).
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Figure 5: Heat transfer coefficients of
R32/oil mixture at Co=3.7 wt%

Frictional pressure drop

Fig. 9 shows the effect of oil concentration on frictional pressured drop at a mass velocity of 400
kgm-2s-1 and heat flux of 5 kWm-2. The frictional pressure drop of the R32/oil mixture is higher than
that of pure R32, and it increases with increasing oil concentrations. In particular, the frictional
pressure drop remarkably increases in the higher vapor quality region because oil concentration in
the liquid-phase increases greatly as vapor quality increases.
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Figure 6: Effect of oil concentration on heat transfer coefficients at mass velocities
of (a) 50, (b) 100, (c) 200, and (d) 400 kgm-2s-1
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Figure 7: Comparison between heat transfer coefficients s and bub at different mass
velocities and heat fluxes

Fig. 10 shows the frictional pressure drops of pure R32 and R32/oil mixture (Co = 3.7 wt%) for boiling
flow. The frictional pressure drops of both substances increase with increasing vapor quality and
mass velocity. Comparing the results between pure R32 and R32/oil mixture, the frictional pressure
drops of the mixture were 1.3–1.8 times higher than those of pure R32. It is commonly known that
the frictional pressure drops of the oil mixture are higher than those of the pure refrigerant; thus,
similar trends are observed in this study. Furthermore, the effect of heat flux on the frictional pressure
drop characteristics is considered. The effect of heat flux on frictional pressure drop was not evident
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for pure R32 (Eda et al., 2018). On the other hand, the frictional pressure drops of the mixture
increased with increasing heat flux and oil concentration, for mass velocity range of 200–400 kgm2s-1 and quality range of 0.5 or less. It is assumed that foaming caused by the addition of oil into the
refrigerant increased with increasing mass velocity and heat flux, and the bubbles formed due to
foaming changed the flow pattern.

5. CONCLUSIONS
This study investigated the flow boiling heat transfer coefficient and pressure drop of R32/PVE oil
mixtures by varying mass velocity, heat flux, and oil concentration in a horizontal multiport tube. The
local heat transfer coefficient of the R32/oil mixtures decreased with increasing oil concentrations
compared with those of pure R32, except for higher heat flux and lower quality region. On the other
hand, considering the increase of bubble-point temperature with oil mixing, the degradation of the
heat transfer coefficient with oil mixing was small at higher mass velocities and quality regions. The
frictional pressure drop of the R32/oil mixture was higher compared with that of pure R32 and
increased with increasing oil concentration ratio. The frictional pressure increased with increasing
heat flux in the lower quality region.
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Figure 10: Frictional pressure drops of pure R32 and R32/oil mixture (Co=3.7 wt%)
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NOMENCLATURE
Co
Co,x
D
G
P
ΔP
q
T
x

oil concentration (wt%)
oil concentration in liquid phase (wt%)
tube diameter (m)
mass velocity (kgm-2s-1)
pressure (Pa)
pressure drop (Pa)
heat flux (Wm-2)
temperature (°C)
vapor quality (-)

Greek symbol
α
heat transfer coefficient (Wm-2K-1)
Subscripts
a
acceleration
bub
bubble-point
e
abrupt contraction and expansion
F
frictional
mes
measurement
s
saturation
w
tube wall
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ABSTRACT
R513A is a new azeotropic mixture made of R1234yf/R134a (56%/44%). Unlike pure R1234yf,
R513A is non-flammable, and it can be used as replacement of R134a for medium and high
temperature refrigeration systems. The paper shows some preliminary experimental results during
R513A condensation inside a 4.0 mm OD horizontal microfin tube. The microfin tube has an inner
diameter at the fin tip of 3.4 mm, it has 40 fins along the inner circumference, and each fin is 0.12
mm high with an apex angle of 43°. Tests are carried out for mass fluxes from 100 to 800 kg m-2 s-1,
at saturation temperatures of 30 °C and 40 °C. The experimental results are given in terms of heat
transfer coefficient and frictional pressure drop. The results show the interesting thermal
characteristics of R513A, which can be used in a near future as replacement of the traditional R134a.
Keywords: Azeotropic mixture, Condensation, Heat transfer coefficient, Pressure drop, R513A.

1. INTRODUCTION
R134a is among the most used fluids for refrigeration, air conditioning and heat pump systems. It
was proposed as replacement of R22 in the late ‘90s, thanks to its zero Ozone Depletion Potential
(ODP). As time went by, R134a was found to have a strong negative effect on the global warming,
since it has a Global Warming Potential (GWP) equal to 1430. Therefore, new fluids or mixtures are
needed to replace R134a. These new fluids must have characteristics like those of R134a, and they
should be not flammable, in such a way that no new safety arrangements are requested to existing
equipment.
HFOs are low GWP refrigerants, but they fall into the A2L flammability class, and so they are
considered as mildly flammable. On the contrary, proper mixtures between HFOs and HFCs belong
to the A1 flammability class, and so they are not flammable and may be implemented in existing
equipment without any safety arrangement. R513A, which is a mixture of R1234yf and R134a (56%
and 44% in mass), is a non-flammable azeotropic mixture, with a GWP of 631.
At the current state of the art, studies on R513A are more focused on the evaluation of the
performance of vapor compression systems rather than on the evaluation of the heat transfer and
fluid flow performances. Mota-Babiloni et al. (2017) compared the performance of R513A and R134a
in a vapor compression system. The conclusion of the experimental comparison was that R513A
can substitute R134a with only a thermostatic expansion valve adjustment, achieving better
performance and a higher cooling capacity.
Yang et al. (2019) performed a comparative experimental study between R134a and R513A in a
domestic refrigerator. Considering the pull down, 24-h energy consumption and freezing tests, they
concluded that the refrigerant mixture R513A can be a direct drop-in substitute of R134a in the
considered refrigeration equipment without any redesign of the entire system. Other studies
concerning the comparison among the two refrigerants operating in vapor compression systems can
be found in Devecioglu et al. (2018), Mota-Babiloni et al. (2019) and Makhnatch et al. (2019). To
authors’ knowledge, the two-phase heat transfer behaviour of R513A is almost unexplored.
Microfin tubes were discovered in the ‘70s, and they have been largely implemented in refrigeration,
air conditioning and heat pumps applications. Nowadays, small sized microfin tubes start to appear
in the market. Tubes with outer diameters of 5 mm are now commercially available, whereas smaller
diameters are still at a research stage. Experimental studies regarding HFCs and HFOs flow boiling
inside small sized microfin tubes can be found in the works carried out by Jige et al. (2018), Mancin
et al. (2015) and Diani et al. (2018a), whereas condensation heat transfer was studied by Rahman
et al. (2017) and Diani et al. (2018b, 2018c).
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Figure 1: Schematic of the experimental facility

No data during R513A condensation inside small sized microfin tubes can be found in the open
literature. This paper starts the experimental project aimed at evaluating the heat transfer coefficient
and pressure drop during R513A two-phase heat transfer inside small sized microfin tubes, in order
to verify the suitability of the azeotropic mixture R513A as possible substitute of the common R134a
from a thermal and hydraulic point of view.

2. EXPERIMENTAL SET UP AND TEST SECTION
The experimental facility is located in the Heat Transfer in Micro-Geometries Laboratory of the
Department of Industrial Engineering at University of Padova. A schematic of the experimental set
up is reported in Fig. 1. The facility was designed for pressure drop and heat transfer measurements
during either flow boiling or condensation. It has a maximum working pressure of 3 MPa and a
maximum allowable mass flow rate of 72 kg s-1.
The refrigerant is pumped through the circuit by means of a magnetically coupled gear pump, it is
vaporized and superheated in a brazed plate heat exchanger fed with hot water. Superheated vapor
then partially condenses in a pre-condenser fed with cold water, which is supplied by a water-cooled
chiller, to achieve the desired vapor quality at the inlet of the test section. The pre-condenser is a
tube-in-tube heat exchanger where the refrigerant flows in the inner tube, whereas the cold water
flows in the annulus. The refrigerant enters the test section at a known mass velocity and vapor
quality, where it condenses. The fluid leaves the test section and reaches a post-condenser, which
is a brazed plate heat exchanger, where the refrigerant is fully condensed and subcooled. The cold
water in the post-condenser is supplied by an air-cooled chiller. The subcooled liquid passes through
a drier filter and then it is sent back to the evaporator by the pump. A damper connected to the
compressed air line operates as pressure regulator to control the saturation conditions in the
refrigerant loop. Further details of the experimental facility can be found in Diani et al. (2018c).

Figure 2: Schematic of the test section
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A schematic of the test section is shown in Fig. 2. It consists of a smooth copper tube which is
wrapped around the microfin tube. The smooth tube has an inner diameter of 1.9 mm. Cold water,
which is supplied by a thermostatic bath, flows in the smooth tube: the cold water is needed to
remove heat from the refrigerant condensing inside the microfin tube. The curve between two vertical
segments of the smooth tube permits to locate thermocouples for the measurements of the water
temperature: thermocouples are attached on the external wall on the top of these curves. In these
regions, between two vertical segments, it is possible to attach thermocouples on the external wall
of the microfin tube. The microfin tube with the wrapped smooth tube is inserted in an aluminium
housing, filled with a melted alloy of tin/lead (40/60), whose melting temperature is around 220 °C,
in order to guarantee, after solidification, a thermal contact between the microfin tube and the coils
of the smooth tube. The whole test section is effectively thermally insulated from the surrounding
environment with AF/Armaflex. The microfin tube under investigation has an inner diameter at the
fin tip of 3.4 mm, an outer diameter of 4.0 mm, it has 40 fins along the inner circumference, and each
fin is 0.12 mm high with an apex angle of 43°. The helix angle is 18°. The length of the test section
is 0.1 m, whereas the length between the pressure ports is 0.33 m.

3. DATA ANALYSIS
The subcooled liquid is pumped to the evaporator where it is vaporized and superheated; the
refrigerant temperatures and pressures are measured at both inlet and outlet of the heat exchanger.
The vapor quality at the inlet of test section depends on the refrigerant conditions at the exit of the
evaporator and on the heat flow rate exchanged in the tube-in-tube heat exchanger, which can be
obtained from an energy balance on the cooling water side as given by:
𝑞𝑃𝐶 = 𝑚̇𝑤,𝑃𝐶 ∙ 𝑐𝑝,𝑤 ∙ (𝑡𝑤,𝑃𝐶,𝑜𝑢𝑡 − 𝑡𝑤,𝑃𝐶,𝑖𝑛 ) = 𝑚̇𝑟𝑒𝑓 ∙ (ℎ𝑣𝑠 − ℎ 𝑇𝑆,𝑖𝑛 )

Eq. (1)

where 𝑚̇𝑤,𝑃𝐶 is the water mass flow rate flowing in the pre-condenser, cp,w is the water specific heat
at constant pressure, and tw,PC,out and tw,PC,in are the water temperatures at the outlet and inlet of the
pre-condenser, respectively. On the right side of Eq. 1, 𝑚̇𝑟𝑒𝑓 is the refrigerant mass flow rate
measured by the Coriolis effect flowmeter, and hvs and hTS,in are the refrigerant specific enthalpies at
the outlet of the evaporator, which is the inlet of the pre-condenser, and at the outlet of the precondenser, which is the inlet of the test section. The vapor quality at the inlet of the test section (xin)
can be calculated from the specific enthalpy at the inlet of the test section, derived from Eq. (1), as:
𝑥𝑖𝑛 =

ℎ𝑇𝑆,𝑖𝑛 −ℎ𝐿
ℎ𝑉 −ℎ𝐿

Eq. (2)

where hL and hV are the specific enthalpies of the saturated liquid and vapor, respectively, evaluated
at the saturation pressure of the refrigerant measured at the inlet of the test section, calculated with
Refprop 10 (Lemmon et al., 2018).
The heat flow rate exchanged in the test section can be calculated as:
𝑞𝑇𝑆 = 𝑚̇𝑤,𝑇𝑆 ∙ 𝑐𝑝,𝑤 ∙ (𝑡𝑤,𝑇𝑆,𝑜𝑢𝑡 − 𝑡𝑤,𝑇𝑆,𝑖𝑛 )

Eq. (3)

where 𝑚̇𝑤,𝑇𝑆 is water mass flow rate circulated inside the smooth tube wrapped around the microfin
tube, and tw,TS,out and tw,TS,in are the water temperatures measured at the outlet and inlet of the test
section, respectively. The outlet vapor quality can now be calculated from a energy balance at the
test section. From the error propagation analysis, following the procedure suggested by Kline and
McClintock (1953), the mean uncertainty on the mean vapor quality (arithmetic average between
inlet and outlet vapor qualities) is 0.03. The heat transfer performance of the microfin tube is given
in terms of heat transfer coefficient, defined as:
𝐻𝑇𝐶 = 𝐴

𝑞𝑇𝑆

𝐷 ∙(𝑡̅𝑠𝑎𝑡 −𝑡̅𝑤𝑎𝑙𝑙 )

Eq. (4)

̅ is the mean saturation temperature, and 𝑡𝑤𝑎𝑙𝑙
̅
where 𝑡𝑠𝑎𝑡
is the wall temperature. AD is the inner area
of a smooth tube with diameter the fin tip diameter. Following the procedure suggested by Kline and
McClintock (1953), the mean uncertainty on the heat transfer coefficient is 4.5%.
The hydraulic performance is evaluated in terms of frictional pressure gradient, as:
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d𝑝
d𝑧 𝑓

d𝑝
d𝑧 𝑡𝑜𝑡

( ) =( )

d𝑝
d𝑧 𝑎

−( )

Eq. (5)

The model of Rouhani and Axelsson (1970) was considered to calculate the void fraction, needed to
calculate the momentum pressure drop. The gravitational contribution was not considered since the
microfin tube is horizontally located.

4. EXPERIMENTAL RESULTS
This section presents the experimental results during condensation of R513A inside the small sized
microfin tube under investigation. Experimental tests were carried out for mass velocities, calculated
on the cross sectional area of an equivalent smooth tube having an inner diameter equal to the
diameter at the tip of the considered microfin tube, from 100 to 800 kg m -2 s-2, at saturation
temperatures at the inlet of the test section of 30 °C and 40 °C. Every single experimental point is
the average value of 100 readings recorded at a frequency of 1 Hz. In these operating conditions,
the vapor quality difference between inlet and outlet of test section varies from 0.04 to 0.3, depending
on the mass velocity: the higher the mass velocity, the lower the vapor quality difference.
Fig. 3 shows the experimental heat transfer coefficients plotted against the mean vapor qualities for
a saturation temperature at the inlet of the test section of 30 °C, for mass velocities G from 100 to
800 kg m-2 s-1. The heat transfer coefficient at G = 100 kg m-2 s-1 remains almost constant up to a
mean vapor quality of 0.5 at a value between 2000 and 2500 W m-2 K-1, and then it increases with
vapor quality reaching a value of approximately 6500 W m-2 K-1. This can be explained considering
the different flow patterns: at the lowest mass velocity for low vapor qualities, the flow seems to be
stratified, and, as a result, the heat transfer coefficient is weakly affected by vapor quality, i.e. by
vapor velocity. On the contrary, as vapor quality increases, the flow seems to be annular, and, in
fact, the heat transfer coefficient is highly affected by vapor quality: there is a change of the slope of
the trend of heat transfer coefficient at a mean vapor quality between 0.5 and 0.6. This is somehow
confirmed by the flow pattern map shown in Fig. 4. Fig. 4 shows the experimental data plotted in the
flow pattern map developed by Doretti et al. (2005). The blue dotted line represents the transition
between the T-dependent and T-independendent regimes. The T-dependent regime (below the
dotted line) is linked to gravity controlled flow patterns, such as wavy and smooth stratified flow
regime. The T-independent regime (above the dotted line) is linked to shear stress forces, i.e. to
annular flow. The flow pattern map confirms that the flow is in stratified regime at low vapor qualities,
whereas a transition from stratified to annular flow pattern occurs as the vapor quality increases.
Data at G = 150 kg m-2 s-1 for mean vapor qualities lower than 0.4 and the point at G = 200
kg m-2 s-1 at a mean vapor quality of 0.15 seem to be in the stratified regime, and, as a result, their
correspondent
heat
transfer
coefficients
are
between
2000
and
2500
W m-2 K-1. All the other experimental data fall in the annular flow regime, and, as a result, their heat
transfer coefficient increases as both vapor quality and mass velocity increase.

Figure 3: Heat transfer coefficient versus mean
vapor quality at tsat = 30 °C. G expressed in
(kg m-2 s-1)

Figure 4: Experimental data at tsat = 30 °C plotted
in the flow pattern map developed by Doretti et
al. (2005). G expressed in (kg m-2 s-1)
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Figure 5: Frictional pressure gradient versus mean vapor quality at tsat = 30 °C.
G expressed in (kg m-2 s-1)

Figure 6: Effect of saturation temperature on the
heat transfer coefficient. G expressed in
(kg m-2 s-1)

Figure 7: Effect of saturation temperature on the
frictional pressure gradient. G expressed in
(kg m-2 s-1)

The experimental frictional pressure gradients at tsat = 30 °C are reported in Fig. 5. At constant mass
velocity, the frictional pressure gradient increases with vapor quality up to a maximum value, after
which it slightly decreases. At constant mean vapor quality, the frictional pressure gradient increases
as mass velocity increases.
The effects of the saturation temperature on the heat transfer coefficient and on the frictional
pressure drop are reported in Figs. 6 and 7, respectively. Fig. 6 shows the heat transfer coefficient
plotted versus the mean vapor quality for G = 600 and 800 kg m-2 s-1 at two different saturation
temperatures at the inlet of the section of 30 °C and 40 °C. A higher saturation temperature implies
a higher vapor density, and thus, at constant mass velocity, a lower vapor velocity. This is reflected
on the experimental results depicted in Fig. 6: the higher the saturation temperature, the lower the
heat transfer coefficient, especially in the high vapor quality region, mainly due to the lower vapor
velocity with consequent lower convective effects. The lower vapor velocity at tsat = 40 °C is also
reflected on the frictional pressure gradient, as highlighted in Fig. 7: the higher the saturation
temperature, the lower the frictional pressure gradient, especially in the high vapor quality region.

5. EMPIRICAL MODELING
This section presents some comparisons between the experimental values of heat transfer
coefficient and frictional pressure gradient against the values predicted by empirical correlations
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Figure 8: Calculated versus experimental heat transfer coefficients. Model by Cavallini et al. (2009)

available in the literature. The model of Cavalini et al. (2009) was developed to estimate the heat
transfer coefficient during condensation of halogenated and natural refrigerants, pure fluids or nearly
azeotropic mixtures flowing inside microfin tubes. The model takes into account the refrigerant
properties, as well as two-phase flow patterns in microfin tubes and geometrical characteristics of
the tubes. It was validated with data including microfin tubes with inner diameter ranging from 5.9
mm and 14.2 mm, fin height from 0.15 mm to 0.38 mm, apex angle from 15° to 90°, helix angle from
7° to 30°, and fin number from 21 to 82, at saturation temperature from -15 °C to 70 °C, and mass
velocity between 80 and 890 kg m-2 s-1. Even if the smallest considered diameter for the development
of the correlation was 5.9 mm, the model is here applied to present data, which were obtained with
an inner diameter at the fin tip of 3.4 mm. The model fairly estimates the experimental values, as
shown in Fig. 8, with a relative, absolute and standard deviation of -5.1%, 14.9% and 19.9%,
respectively.
Diani et al. (2014) proposed a correlation for the estimation of frictional pressure drop during twophase flow of refrigerants inside small sized microfin tubes. The correlation was developed from
experimental data during R1234ze(E) flow boiling inside a microfin tube with an inner diameter at
the fin tip of 3.4 mm. The correlation was later validated with other experimental data obtained during
flow boiling and condensation of pure refrigerants, at saturation temperatures of 30 °C and 40 °C.
The correlation is here applied to the azeotropic mixture R513A. Fig. 9 reports a comparison between
the calculated frictional pressure gradient and the experimental counterpart. The model well
estimates the experimental values, with a relative, absolute and standard deviation of 2.2%, 8.5%
and 12.5%, respectively. Therefore, the model can be considered validated also for azeotropic
mixtures.

Figure 9: Calculated versus experimental frictional pressure gradients. Model by Diani et al. (2014)
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6. CONCLUSIONS
This paper proposed some experimental results during R513A condensation inside a small sized
microfin tube with an inner diameter at the fin tip of 3.4 mm. R513A is an azeotropic mixture made
of R1234yf and R134a (56% and 44% in mass), which is a possible direct substitute of R134a with
a lower GWP. Condensation tests were carried out for mass velocities from 100 to 800 kg m-2 s-1,
with saturation temperatures at the inlet of the test section of 30 °C and 40 °C.
Some data at the lowest mass velocities and low vapor qualities fall in the T-dependent flow regime,
i.e. they are in stratified flow, and so their heat transfer coefficient is weakly affected by vapor quality
and mass velocity. All the other experimental data fall in the T-independent flow regime, i.e. they
are in annular flow conditions. For these data, the higher the vapor quality, the higher the heat
transfer coefficient, and the higher the mass velocity, the higher the heat transfer coefficient.
The comparison between data at tsat = 30 °C and 40 °C revealed the effect of the saturation
temperature: the higher the saturation temperature, the lower the heat transfer coefficient and the
lower the frictional pressure drop, due to a lower vapor velocity.
The experimental data of heat transfer coefficient and frictional pressure gradient were compared
against the values predicted by two empirical correlations available from the literature. The model of
Cavallini et al. (2009) is able to estimate the experimental heat transfer coefficients with a relative,
absolute and standard deviation of -5.1%, 14.9% and 19.9%, respectively. The correlation of Diani
et al. (2014) is able to estimate the frictional pressure gradients with a relative, absolute and standard
deviation of 2.2%, 8.5% and 12.5%, respectively.
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NOMENCLATURE
AD
G
HTC
𝑚̇
q
T

equivalent inner surface area (m2)
mass velocity (kg×m-2×s-1)
heat transfer coefficient (W×m-2×K-1)
mass flow rate (kg×s-1)
heat flow rate (W)
temperature difference (K)

Subscripts
a
momentum term
in
at the inlet
out
at the outlet
PC
at the pre-condenser
sat
saturation
TS
at the test section
vs
superheated vapor
wall at the wall

c
h
L
p
t
x

specific heat (J×kg–1×K–1)
specific enthalpy (J×kg-1)
distance between pressure ports (m)
pressure drop (Pa)
temperature (°C)
vapor quality (-)

f
L
p
ref
tot
V
w

frictional
saturated liquid
at constant pressure
refrigerant
total
saturated vapor
water
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ABSTRACT
The recent Kigali amendment to the Montreal Protocol has initiated regulatory and voluntary actions
to limit the direct global warming potential (GWP) of refrigerants used in many applications, including
chillers. This paper provides an update on the latest low GWP refrigerant technology for chiller
applications. Low GWP refrigerant technology continues to evolve and innovation continues with the
development of new refrigerants to replace R123, R245fa, R134a and R410A for chillers, many of
which are ultra-low GWP (GWP <10). OEM’s continue to expand the introductions of R1233zd(E),
R514A, R513A, and R1234ze(E) for large chiller products to replace R123 and R134a. R1224yd(Z)
has recently been introduced to replace R245fa. Several flammable R410A replacements, for
example R32 and R452B have been previously reviewed, but a new nonflammable refrigerant,
R466A, will be compared to the above alternatives for use in R410A chillers
Keywords: R1233zd(E), R514A, R1224yd(Z), R513A, R516A, R1234ze(E), R32, R452B, R466A,
R454B Chillers, Centrifugal

1. INTRODUCTION
Introduction of lower GWP refrigerants (<750 GWP) and refrigerants with ultra-low GWPs (<10 GWP)
are being introduced into the chiller market place in ever increasing numbers by many OEMs. Many
ultra-low GWP refrigerants were introduced starting in 2015 for large capacity centrifugal chillers
(~≥1000 kW) and lower GWP refrigerants for screw and scroll compressor based chillers. The
reasons for rapid adoption of low GWP refrigerants without significant regulatory pressure is the
result of acceptable alternatives being identified that are non-flammable (ASHRAE Class 1) and the
financial and climate benefits of rapid adoption outweigh the benefits of waiting for uncertain phase
down regulation. Essentially, the industry has recognized that large capacity chillers dependent on
high-GWP HFC refrigerants will shortly become obsolete as the result of country actions as the result
of meeting their Montreal Protocol commitments in the near future. Building owners worldwide would
reduce their investment uncertainty by choosing large capacity chillers utilizing next generation
refrigerants or choosing products that are easily retrofitted to the next generation refrigerants (retrofit
ready).
Ultra-low GWP refrigerants options that are nonflammable are not available for use in R134a and
R410A positive displacement chillers (screw and scroll compressors). Trade-offs need to be made
on GWP, flammability and capacity to obtain lower GWP alternatives. The authors have evaluated
alternatives for both R134a and R410A chillers. A new nonflammable refrigerant to replace R410A,
R466A, was evaluated and results will be discussed in this paper.

2. OVERVIEW OF ALTERNATIVES
2.1

Overview of R-123 and R-245fa Alternatives

There are three new ultra low GWP Olefin alternative refrigerants that have been developed that
could be considered replacements for R123 or R245fa (Table 1). One of these new olefin based
refrigerants is R514A, an azeotropic blend of R1336mzz(Z) and R1130(E). R514A’s composition is
74.7% R1336mzz(Z) and 25.3% R1130(E) by mass. R1233zd(E) and R1224yd(Z) are the other two
olefin based refrigerants of interest. All these new lower pressure refrigerants have been listed by
ASHRAE Standard 34 as Class 1 non-flammable (ASHRAE 34, 2016). Non-flammability (Class 1)
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allows these new refrigerants to be compatible with existing application standards and building
codes, and therefore allows their immediate use. Commercial chiller products are now available that
utilize R514A, R1233zd(E) and R1224yd(Z).
As shown in Table 1, Fig. 1, and Fig. 2, R514A possesses similar thermodynamic and physical
properties to directly replace R123. R1224yd(Z) possesses similar thermodynamic and physical
properties to directly replace R245fa. Only R1233zd(E) is different enough to not be considered a
direct replacement for either R123 or R245fa. R1233zd(E) has pressures which are 30% to 45%
higher than R123 for a given temperature. R1233zd(E) produces 39% more capacity than R123 for
a given compressor volumetric displacement. The conditions simulated in the figures and table are
for a chiller operating at 4.4°C evaporator saturation temperature and 37.8°C condenser saturation
temperature with no suction superheat or condenser subcooling at an 80% isentropic compressor
efficiency. Refrigerant properties were computed using REFPROP v9.1 (Lemmon et al., 2013). The
fluid properties files for R514A and R1224yd(Z) were provided by the refrigerant suppliers.
Table 1. Summary of Relative Performance Characteristics

Performance
Characteristic
R123
R514A
R1233zd(E)
Refrigerant
R123 R1336mzz(Z)/R1130(E) R1233zd(E)
Composition
Composition
100%
74.7%/25.3%
100%
Weight Percent
GWP (IPCC, 2013)
79
<2*
1
ASHRAE Standard 34
B1
B1
A1
Safety Classification
ODP
0.01
~0.00006
0.00035
COP
1.00
1.0
0.99
Capacity
1.00
0.95
1.39
Temp Glide (K)
0
<0.1
0
Critical Temp (°C)
184
197
167
Mass Flow Rate
1.0
0.90
1.11
*Refrigerant supplier reported value or a calculated value.

Figure 1. Pressure Enthalpy Comparison for
R123, R514A, R1233zd(E) and R1224yd(Z)

R1224yd(Z)
R1224yd(Z)

R245fa
R245fa

100%

100%

1*

858

A1

B1

0.00012
0.99
1.59
0
156
0.95

0
0.98
1.57
0
154
1.09

Figure 2. Temperature Entropy Comparison for
R123, R514A, R1233zd(E) and R1224yd(Z)

Refrigerant-side heat transfer coefficients (HTCs) have been measured for both the evaporator and
condenser with R123, R245fa, R514A, R1233zd(E) and R1224yd(Z) in a single tube heat transfer
test rig as shown in Figs. 3, 4, 5, 6, 7 and 8 respectively. R245fa and R123 had roughly the same
evaporator performance, but R1233zd(E) and R1224yf(Z) showed 60% better performance than
R123 and R245fa. This finding was a pleasant surprise because most next generation R134a
refrigerants evaluated by showed equal or reduced performance (Schultz, 2013).
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The condenser performance difference between the four refrigerants was less dramatic.
R1233zd(E)’s and R1224yd(Z)’s better evaporator (primarily) and condenser (secondarily)
performance allows for these to overcome their reduced thermodynamic efficiencies relative to R123
by providing better heat exchanger total approach temperatures as compared to R123. R514A’s
performance allows similar heat exchanger approach temperatures and overall system efficiencies
compared to R123.

Figure 3. Evaporator heat
transfer for R514A

Figure 6. Condenser heat
transfer for R1233zd(E)

Figure 4. Condenser heat
transfer for R514A

Figure 7. Evaporator heat
transfer for R1224yd(Z)

Figure 9. Evaporator HTCs for R1233zd(E) and
R1224yd(Z) from tests in a large chiller.

Figure 5. Evaporator heat
transfer for R1233zd(E)

Figure 8. Condenser heat
transfer for R1224yd(Z)

Figure 10. Condenser HTCs for R1233zd(E) and
R1224yd(Z) from tests in a large chiller.

In the end, performance in chiller tube bundles is the primary metric that should be used for heat
transfer performance comparison. Disappointing heat transfer performance was seen with many
R134a alternatives as noted above. These poor results in tube bundles could not be correlated to
single tube performance results. Higher performance has been observed in chiller flooded evaporators for both R514A and R1233zd(E) (Schultz and Gallant, 2017). Internal laboratory tests of a large
(~5,000 kW) chiller confirmed that the similar high heat transfer performance of R1224yd(Z) and
R1233zd(E) observed in the single tube tests translated to large tube bundles, see Figs. 9 and 10.
Commercial sales of new production R514A chillers were first reported in 2016 with the simultaneous
announcement of the ability to retrofit existing R123 chillers to R514A. Commercial sales of
R1233zd(E) chillers were first reported in 2014 with at least six manufacturers now reporting
commercially available chillers. Commercial sales of R1224yd(Z) were first reported in 2018.
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2.2

Overview of R134a Alternatives

Initial evaluations of prospective alternatives to R134a occurred under the Low-GWP Alternative
Refrigerants Evaluation Program (AREP) (AHRI, nd). Schultz (2014) reported the results from tests
of several R134a-like refrigerants in a developmental water-cooled screw chiller with a nominal
capacity of 810 kW, including R1234ze(E), N-13a, N-13b (now R450A), R513A, and ARM-42a (a
predecessor to R516A). As shown in Figs. 11 and 12, R513A and ARM-42a produced predicted
capacities and measured capacities very close to R134a. Measured efficiencies were slightly lower
than predicted, mainly due to the impacts of somewhat lower heat transfer performance of R513A
and ARM-42a in the evaporator and condenser relative to R134a. R1234ze(E) produced capacities
25% less than R134a as predicted. The slight gain in efficiency observed was due to the heat
exchangers effectively having larger area per unit capacity, even though the evaporator refrigerantside heat transfer coefficient with R1234ze(E) was 35% to 40% lower than with R134a. Poor
evaporator heat transfer performance with R1234ze(E) has also been noted during other product
development testing.
The composition, GWP, safety classification, relative capacity, COP, temperature glide and critical
temperature of the refrigerants considered here are listed in Table 2. The performance characteristics
of each refrigerant were determined using a simple thermodynamic model. The thermodynamic
properties of R134a and R1234ze(E) are based on REFPROP descriptions and the R513A, R516A
and R450A properties are also based on REFPROP descriptions with the associated binary
interaction parameters provided by the refrigerant suppliers.
Table 2. Summary of Attributes for Evaluated Refrigerants
R134a
R513A
R516A

Refrigerant
Composition
Composition,
Weight Percent
GWPAR5
ASHRAE Safety
Classification
COP
Capacity
Temperature
Glide (K)
Critical Temp (°C)

R1234ze(E)

R450A

R134a

R1234yf/
R134a

R1234yf/R152a/R134a

R1234ze(E)

R134a/
R1234ze(E)

100%

56%/44%

8.5%/14%/77.5%

100%

42%/58%

1300

572

130

<1

546

A1

A1

A2L

A2L

A1

1.00
1.00

0.97
1.01

0.98
0.96

1.00
0.743

1.00
0.87

0

<0.1

<0.1

0

0.6

101

98

99

109

106

The capacities of N-13a and N-13b (now R450A) were lower than predicted. This is likely a
consequence of degraded heat transfer coefficients in the evaporator due to the zeotropic nature of
these refrigerants. Even though their temperature glides are only 0.6 K, there is additional mass
transfer resistance as the compositions fractionate during phase change. This appears to be more
significant for the ternary N-13a (R134a, R1234yf, and R1234ze(E)) blend than for the binary N-13b
(R134a and R1234ze(E)) blend.
Performance of this chiller was observed to be relatively insensitive to refrigerant charge with the
same charge selected for all refrigerants. These tests also demonstrated that the chiller capacity and
efficiency were nearly invariant to refrigerant as the cooling water inlet temperature ranged from 18°C
to 46°C when referenced to the performance at the nominal design condition of 29.4°C. In addition,
the in situ compressor volumetric and isentropic efficiencies were nearly unchanged when applied
with the various refrigerants.
Tests with R513A and R516A were also run on air-cooled chiller with similar results. With R513A,
capacity matched that with R134a while efficiency was reduced by about 5%. Additional details about
these two tests are contained in a report by Schultz and Perez-Blanco (2018). Full capacity with
R516A fell only about 2% below the capacity attained with R134a, which is consistent with the
prediction based on thermodynamic properties. However, the efficiency (EER or COP) with R516A
at full capacity was about 3.5% lower than with R134a, about 1.5% lower than predicted by
thermodynamic properties alone.
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Figure 11. Capacities measured and predicted
for the water-cooled chiller relative to R134a.

2.3

Figure 12. COP measured and predicted for the
water-cooled chiller relative to R134a.

Overview of R410A Alternatives

The composition, GWP, safety classification, relative capacity, COP, temperature glide and critical
temperature of the refrigerants considered here are listed in Table 3. The performance characteristics
of each refrigerant were determined using a simple thermodynamic model. The thermodynamic
properties of R410A and R32 are based on REFPROP descriptions and the R466A, R452B and
R454B properties are also based on REFPROP descriptions with the associated binary interaction
parameters provided by the refrigerant suppliers.
Three refrigerants, R466A, R452B and R32, offer approximately a two thirds reduction in GWP while
R454B offers approximately a three quarters reduction in GWP compared to R410A. R452B, R454B
and R32 are well known 2L flammable refrigerants while the R466A is a newly introduced refrigerant
blend that is nonflammable. R466A being nonflammable offers the ability of this new refrigerant to
be compatible with existing application standards and building codes, and therefore allows its
immediate use without having to consider the safety liabilities and costs of using a flammable
refrigerant. The authors have done evaluations of these four alternatives in a number of different air
conditioning applications; results are described below.
Three of the alternatives, R466A, R452B and R32, were tested in an air-cooled water chiller with a
nominal design cooling capacity of 352 kW (100 RT) designed for R410A refrigerant. Additional
details about the test conditions are contained in Schultz and Nayak (2017) and Schultz and Kujak
(2018). Fig. 13 summarizes the cooling capacity and efficiency (COP) as a function of ambient
temperature.
Table 3. Summary of Attributes for Evaluated Refrigerants

Refrigerant
Composition
Composition,
Weight Percent
GWPAR5
ASHRAE Safety
Classification
COP
Capacity
Temperature
Glide (K)
Critical
Temperature (°C)

R410A

R466A

R452B

R454B

R32

R32/R125

R32/R125/R13I1

R32/R125/R1234yf

R32/R1234yf

R32

50%/50%

49%/11.5%/39.5%

67%/7%/26%

68.9%/31.1%

100%

1924

697

675

467

677

A1

A1

A2L

A2L

A2L

1.00
1.00

1.01
0.97

1.01
0.98

1.01
0.97

1.01
1.09

0

1.5

1.3

1.4

0

71

84

79

81

78

A 3% drop in the capacity was seen with both R452B and R466A compared to R410A at 6.7°C/35°C
operating conditions which is in line with the thermodynamic properties for each refrigerant. R32
yielded an 8.6% increase in capacity as compared to the baseline. The relative capacity varied from
about −5% to +1% for R452B and R466A as the ambient temperature increased from 18°C to 52°C.
For R32, the relative capacity varied from +5% to +13%. All three alternate refrigerants showed a
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modest improvement in capacity over R410A at higher ambient temperatures.R452B refrigerant
consistently showed better COP values compared to R410A at all ambient conditions at any given
leaving chilled water temperature conditions. The relative COP increased as the ambient
temperature increased (0 to +7%). The relative COP varied from −2% to +7 % for R32 and −2% to
+4% for R466A. Again, all three alternate refrigerants showed a modest improvement in efficiency
over R410A at higher ambient temperatures.
Fig. 14 summarizes the variation of refrigerant temperature at the compressor discharge (CDT) as a
function of the ambient temperature relative for all three alternative refrigerants as well as a summary
of the absolute difference in CDT to an R410A baseline. The compressor discharge temperatures of
R452B were about 3 K to 6 K higher than R410A. With R466A, the CDTs were slightly higher, running
about 6 K to 11 K higher than R410A. R32, with its inherent thermodynamic properties, had the
highest CDTs, running 13 K to 27 K higher than R410A. The chiller reached its maximum CDT limit
while running with 6.7°C and 13.3°C leaving chilled water temperatures as ambient temperatures of
~46°C and ~49°C, respectively. Also, the chiller reached its maximum pressure limit when running
with 20°C leaving chilled water temperatures at an ambient temperature of ~49°C. This shows that
while R452B and R466A could directly be used in R410A equipment without any major design
changes, the system with R32 would require major changes to either accommodate or lower the
elevated CDTs, and also would need changes in the heat exchanger design to accommodate the
higher operating pressures at high ambient conditions.

Figure 13. Summary of COP and Capacity
(CAP) for Refrigerants Relative to R410A

Figure 14. Summary of Compressor Discharge
Temperature Relative to R410A

R454B and R452B (described in the referenced paper as DR5A and DR55 respectively) along with
R32 were tested in a packaged 14 kW capacity rooftop unit (Schultz and Kujak, 2016). Figs. 15 and
16 summarize the capacity (CAP) and efficiency (COP) variations as a function of ambient
temperature relative to R410A. A summary of compressor discharge temperatures (CDT) measured
in the testing is shown in Fig. 17 for all three alternatives.
The alternatives produced higher efficiencies than R410A by 3% to 7% (Fig. 15), the advantage
increasing slightly for R452B and R454B as ambient temperature increased while the efficiency
decreased more quickly for R32 than R410A as the power draw increased as ambient temperature
increased. Capacity followed a similar relationship, but to a lesser degree, only increasing 1% to 3%
with increasing ambient temperatures (Fig. 16).
For R410A, R4542B and R454B, compressor discharge temperatures increased roughly 0.77 K to
0.83 K for each 1 K increase in ambient temperature. The CDTs with R452B and R454B were 4 K
to 7 K higher than R410A, the difference increasing slightly with increasing ambient temperature.
With R32, CDTs were elevated over R410A by 11 K at lower ambient temperatures and increased
to nearly 25 K over R410A at high ambient temperatures. When running with R32, the maximum
CDT operating limit of 120°C was reached near the 49°C ambient temperature. Changes to the unit
design to mitigate or accommodate high CDRs would be need to allow the use of R32 at high ambient
conditions.
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Figure 15. Summary of Coefficient of
Performance (COP) Relative to R410A

Figure 16. Summary of Capacity (CAP) for
Refrigerants Relative to R410A

Figure 17. Summary of Compressor Discharge
Temperature (CDT) Relative to R410A

3. CONCLUSIONS
Low or ultra-low (<10) GWP, non-flammable and highly efficient refrigerants will be available and
have started to emerge as replacements for R123 and R245fa for large capacity centrifugal chillers.
These next generation refrigerants include R514A as an alternative for R123 and R1224yd(Z) for
R245fa. R1233zd(E) requires a new design platform to be employed. Several OEMs have introduced
R1233zd(E) chillers to supplant their R134a products.
R513A has been introduced for both centrifugal and screw compressor chillers, but it has GWP of
about ~600 which may not be acceptable long term. R1234ze(E) has also been introduced by many
OEMs as an R134a replacement in both centrifugal and screw compressor chiller applications, but
R1234ze(E) is flammable and is restricted from wide scale global adoption until standards and codes
are updated in the near future. Another R134a like refrigerant, R516A, has GWP of less than 150
and would meet the long term direct GWP sustainability needs, but R516A is also a 2L flammable
refrigerant like R1234ze(E), and requires adoption of updated standards and codes. No OEMs have
made product announcements using R516A.
A new nonflammable R410A replacement, R466A, has been introduced with equivalent GWP to
previously known 2L flammable alternatives R452B, R454B and R32. R466A’s performance has
been found to be essentially equivalent to R410A in nearly every aspect and should allow for the
industry to transition to lower GWP without the need for expensive and complicated safety measures.
Products using R454B and R32 have been announced, but few chiller products have been offered
for sale.

NOMENCLATURE
CAP
COP
CDT
OEM

capacity (kilowatts×hour-1)
efficiency or coefficient of performance
compressor discharge temperature (°C)
original equipment manufacturer
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ABSTRACT
The necessity to substitute high-GWP refrigerants gave a large motivation in the study of new
halogenated olefins, characterized by GWP values similar to that of natural refrigerants. Within this
group, cis-1-chloro-2,3,3,3-tetrafluoropropene (R1224yd(Z)) is one of the most interesting working
fluids for applications in centrifugal chillers or Organic Rankine Cycles (ORC), due to its relatively
high NBP (287.15 K).
In this paper, 90 experimental compressed liquid density data for R1224yd(Z) will be presented in
a wide range of pressures and temperatures. Moreover, 10 saturated liquid density values have
been obtained extrapolating the compressed liquid isotherms to the saturated pressure. Liquid
densities obtained in this work are compared with calculated values from the equation of state
(Akasaka et al., 2017). Totally, the equation well represents the densities, but some data points
show larger deviations than the experimental uncertainties. We plan to update the equation based
on these densities and other recent measurements.
Keywords: Density; low GWP refrigerant, R1224yd(Z).

1. INTRODUCTION
The more and more evident global warming induced by the emission of greenhouse gases,
requires effective measures to face the problem. As well known, HFCs are amongst the controlled
gases due to their high GWP. It is therefore necessary to gradually substitute them, with special
reference to HVAC&R sector. About this, it is worth citing the European Union’s (EU) 2014 F-Gas
regulation, which establishes quite short deadlines for the substitution of the present HFCs
refrigerants in the most common applications. However, as demonstrated by McLinden et al.
(2015), only few tens of chemical compounds characterized by low GWP can be considered as
refrigerants. Amongst these, apart from natural fluids such as hydrocarbons, carbon dioxide and
ammonia, hydro-fluoro-olefins (HFOs) are the most promising synthetic low GWP group of
chemicals. At the same time, at present, as shown in Bobbo et al. (2018), only few or none sets of
thermodynamic properties data, necessary to develop reference equations of state, are available
for most of the HFOs. Thus, for these fluids, there is the need to produce new sets of experimental
data for the most important properties, in particular critical parameters, vapor pressure and PVT
properties. Amongst others, very few data are available for R1224yd(Z), a compound that, similarly
to R1233zd(E) and R1234ze(Z), is a potential substitute for R245fa for applications in centrifugal
chillers or Organic Rankine Cycles (ORC), due to its relatively high NBP (287.15 K). Moreover,
R1224yd(Z) is characterized by a very low GWP (<1), and even if its molecule contains one
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chlorine atom, the ODP (0.00012) is negligible. It has also a very low toxicity (LC50 >200.000 ppm,
AEL=500ppm) and it is nonflammable. Thus, from the point of view of environmental compatibility
and human safety, it is a very friendly compound. With these premises, this paper presents 90 new
experimental compressed liquid density data and 10 extrapolated saturated liquid density values,
which will help to improve the fundamental EoS already proposed by Akasaka et al. (2017).

2. EXPERIMENTAL SECTION
2.1.

Materials

The sample of R1224yd(Z) (cis-1-chloro-2,3,3,3-Tetrafluoropropene, CF3-CF=CHCl, CAS number
111512-60-8) used for the measurements was supplied by AGC Inc. The declared purity of the
material was around 98.4% in mass fraction. Before experimentation, the sample was subjected to
several cycles of freezing, evacuation, melting, and ultrasonic agitation to eliminate noncondensable gases. Table 1 reports some basic characteristics of R1224yd(Z).
MM
(kg/kmol)
148.487
2.2.

Table 1. basic characteristics of R1224yd(Z), according to Refprop 10.0

NBP
(K)
287.767

Tcrit
(K)
428.69

Pcrit
(MPa)
3.337

ρcrit
(kg/m3)
527.128

ω
(-)
0.322

Experimental apparatus and procedure

The measurements were performed using a stainless steel vibrating tube densimeter (Anton Paar
DMA 512). After having obtained a calibration equation correlating the period of oscillation of the
vibrating tube with temperature and pressure, the sample density, at given temperature and
pressure, was obtained, through the calibration equation, by measuring the period of oscillation.
Experimental apparatus, procedure, and calibration have been described in previous papers
(Bobbo et al. (2002), Bobbo et al. (2004)) and will be only briefly described here. The densimeter
was charged with the sample by means of a circuit of stainless steel tubes connecting the cell and
the refrigerant canister. The fluid was pressurized with a syringe pump (Isco Pump 260D).
Pressure was measured with a piezoresistive pressure gauge (Druck DPI 145) with an expanded
uncertainty of 10 kPa and 0.95 level of confidence, while temperature, controlled with a stability of
about ± 0.003 K, was measured by means of a Pt 100 Ω resistance thermometer, with an
expanded uncertainty of 0.05 K and 0.95 level of confidence. The densimeter was calibrated by
measuring the oscillation period of the U-tube both under vacuum and filled with a fluid of known
density, in this case water. For the measurements, after purging and evacuating the system,
R1224yd(Z) was charged into the vibrating tube and the associated measurement circuit. At a
given temperature, pressure was set at a fixed level by acting on the syringe pump. After
stabilization of temperature and pressure, the period of oscillation was acquired. Then, pressure
was changed by acting on the syringe pump and a new measurement was taken repeating the
same procedure. The expanded uncertainty for the density measurements is estimated to be
approximately 0.8 kg·m−3, with 0.95 level of confidence.

3. RESULTS AND DISCUSSION
3.2.

Compressed liquid density data

Table 2 and Fig. 1 present the 90 compressed liquid density measurements obtained for
R1224yd(Z) along 9 isotherms, evenly spaced from (283 to 363) K, and pressures from close to
saturation to 35 MPa.
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Table 2. Compressed liquid density experimental data for R1224yd(Z), with the percentage deviations
from the values (ρcalc) calculated using the equation of Akasaka et al. (2017), as implemented in
Refprop 10.0 [Δ% = (ρcalc − ρexp)/ρcalc  100]

T
(K)
283.14
283.14
283.15
283.14
283.15
283.15
283.14
283.15
283.15
283.15
283.15
293.15
293.15
293.14
293.15
293.15
293.16
293.15
293.15
293.15
293.15
293.15
303.13
303.15
303.14
303.15
303.14
303.15
303.15
303.15
303.15
303.15
303.14
313.15
313.15
313.15
313.15
313.15
313.15
313.15
313.15
313.14
313.15
313.15

P
(MPa)
34.9997
30.0004
24.9998
20.0003
15.0005
9.9999
4.9995
2.4999
0.9998
0.5001
0.2500
35.0005
29.9997
25.0002
19.9997
15.0001
9.9999
5.0001
2.4998
1.0000
0.5000
0.2501
35.0002
29.9994
25.0003
20.0003
15.0003
10.0001
4.9997
2.4999
1.0001
0.5002
0.2501
35.0000
30.0001
25.0001
20.0001
15.0001
10.0000
5.0000
2.5002
1.0000
0.5000
0.3500

ρ
(kg/m3)
1480.7
1471.6
1461.8
1451.5
1440.3
1428.2
1415.0
1407.9
1403.5
1402.0
1401.2
1461.4
1451.5
1441.0
1429.8
1417.6
1404.4
1389.8
1381.9
1376.9
1375.2
1374.3
1442.2
1431.7
1420.4
1408.2
1395.0
1380.4
1364.3
1355.3
1349.7
1347.7
1346.8
1422.5
1411.2
1399.1
1385.9
1371.6
1355.6
1337.5
1327.5
1321.1
1318.8
1318.2

Δ%
(-)
0.11
0.10
0.09
0.08
0.07
0.07
0.07
0.06
0.12
0.11
0.10
0.10
0.08
0.08
0.07
0.07
0.07
0.07
0.08
0.07
0.07
0.06
0.07
0.06
0.05
0.06
0.05
0.05
0.06
0.07
0.07
0.07
0.06
0.06
0.07
0.06
0.06
0.06
0.06
0.06

T
(K)
333.15
333.15
333.15
333.15
333.15
333.15
333.15
333.15
333.14
333.15
343.15
343.15
343.15
343.15
343.15
343.15
343.15
343.15
343.15
343.15
353.15
353.15
353.15
353.16
353.15
353.15
353.15
353.15
353.15
353.15
363.15
363.15
363.15
363.16
363.15
363.15
363.15
363.16
363.15

P
(MPa)
35.0000
30.0001
24.9999
20.0001
15.0000
9.9999
5.0000
2.4999
1.0002
0.5999
35.0002
30.0000
25.0000
20.0000
15.0004
10.0002
5.0001
2.4999
1.0000
0.7500
34.9999
29.9999
24.9999
19.9999
14.9999
10.0001
5.0000
2.4999
0.9999
0.9000
35.0000
29.9994
24.9998
19.9999
14.9998
9.9998
5.0003
2.4999
1.2001

ρ
(kg/m3)
1383.4
1370.5
1356.5
1341.2
1324.1
1304.7
1282.0
1268.9
1260.3
1258.0
1363.7
1350.0
1334.9
1318.3
1299.6
1278.1
1252.4
1237.3
1227.2
1225.1
1343.6
1329.0
1312.8
1294.8
1274.3
1250.3
1221.1
1203.4
1191.3
1190.5
1323.8
1308.0
1290.6
1271.1
1248.6
1221.9
1188.3
1167.2
1154.2

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Δ%
(-)
0.01
0.01
0.01
0.01
0.02
0.03
0.03
0.02
0.02
0.02
-0.03
-0.02
-0.01
-0.01
0.00
0.02
0.03
0.02
0.01
0.03
-0.03
-0.03
-0.02
-0.01
0.02
0.03
0.04
0.03
0.01
0.01
-0.06
-0.05
-0.03
-0.02
0.01
0.03
0.05
0.03
0.03
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Figure 1: (a) experimental data distribution in the (ρ− P) plane. (b) distribution of the
experimental data at pressures close to saturation. Extrapolated saturated density
data are also reported.

3.3.

Saturated liquid density extrapolation and correlation

To obtain the saturated liquid density at a given temperature, the isothermal compressed liquid
density data below 5 MPa were fitted to a polynomial representing the relation between density
and pressure at that temperature. Then, the saturated liquid density was calculated with the
polynomial at the given temperature and the corresponding vapor pressure calculated with Refprop
10.0. The extrapolated saturated liquid density (ρsat) values are reported in Table 2, where they are
compared with the saturated liquid densities calculated with Refprop 10.0 (ρsat REFP). With these
values, a saturated liquid density correlation was developed:
ρsat (τ) = ρcrit (1 + B1 τ1/3 + B2 τ2/3 + B3 τ + B4 τ4/3)

Eq. (1)

Eq. (1) represents very well the extrapolated saturation density, with AAD%=0.01% and
MAD%=0.03%, as shown in Fig. 3(a). The constants Bi of Eq. (1) are reported in Table 3.
Table 2. extrapolated saturation density data and comparison with data calculated with Refprop 10.0
[Δ = (ρsat – ρsat REFP)/ρsat REFP  100]

T
(K)
283.15
293.15
303.15
313.15
323.15
333.15
343.15
353.15
363.15

ρsat
(MPa)
1400.7
1373.9
1346.5
1317.7
1288.5
1257.1
1224.1
1189.2
1152.4

ρsat REFP
(kg/m3)
1401.6
1374.8
1347.2
1318.4
1288.5
1257.2
1224.2
1189.1
1151.6

Δ%
-0.06
-0.07
-0.06
-0.05
0.00
-0.01
-0.01
0.01
0.07
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Table 3. Costants Bi for Eq. (1)

B1
1.950981082

3.3.

B2
0.044520184

B3
0.98776572

B4
-0.25753216

Comparison with available fundamental Equation of State

3.3.1. Compressed liquid density data
Liquid densities measured in this work are compared with the fundamental equation of state
presented by Akasaka et al. (2017). This equation is currently the only available property
formulation for R1224yd(Z). It is worth to note that this equation has been implemented in the
database Refprop 10.0: thus, when the database is cited in this paper, it is intended, if not
otherwise specified, that the calculations are performed with the equation of Akasaka et al.
Fig. 2 shows relative deviations of the present data from calculated values with the equation.
Deviations of Fukushima (2016) experimental data (only compressed liquid), to which the equation
was fitted, are also plotted in the figure. In the liquid region, most of the present data are located at
lower temperatures and higher pressures than those of Fukushima (2016), and thus comparisons
of the present data are done in extrapolated areas of the equation. Because the equation was
designed to exhibit proper behavior over wide ranges of temperature and pressure, deviations in
the present data agree reasonably with the equation: the maximum absolute and average absolute
deviations are 0.12% and 0.046%. However, AAD% become gradually larger as temperature
decreases, while it is almost constant as a function of pressure, except at the lowest pressures,
where some fluctuation is observed. In any case, the data with maximum deviations, observed at
the lowest temperatures (<300 K) and the highest pressures (>25 MPa) exceed the experimental
uncertainties. The equation will be updated by fitting it to the present data and other recent
measurements, including vapor pressures and liquid-phase sound speeds. The new equation of
state will represent all the present data within the experimental uncertainties.
Just to show the potentiality of molecular simulation in prediciting the thermodynamic properties of
refrigerants, some preliminary data calculated by Raabe (2017) were compared with the equations
of state. 10 compressed liquid density data were calculated by Raabe in the temperature range
between 340 K and 420 K, while only two quite high pressures (20 MPa and 30 MPa) were
considered. The deviations are relatively large (AAD%=0.34%, MAD%=0.60%), but the results are
clearly promising and can be improved in the near future.

	
  

(a)	
  

(b)	
  

	
  

Figure 2: Deviations from Refprop 10.0 of experimental compressed liquid density data
measured in this work and those measured by Fukushima et al. (2016) and Raabe et
al. (2017). (a) deviations as a function of temperature; (b) deviations as a function of
pressure
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3.3.2 Saturated liquid density data
The deviations of extrapolated saturated liquid density data, reported in Table 2, from the saturated
density calculated with Refprop 10.0, are represented in Fig. 3(b). The data obtained in this work
show deviations always within ±0.1%, with AAD%=0.04%, and increase almost monotonously from
negative deviations at low temperature to positive deviations at high temperatures. The data of
Fukushima (2016) show higher average deviations (AAD%=1.5%) and relatively high maximum
deviation (0.35%), with quite scattered behavior in the range of measurements temperature.

	
  
	
  

(a)	
  

	
  
(b)	
  

Figure 3: (a) deviations of this work saturated liquid density values	
  from Eq. (1); (b) deviations
of this work saturated liquid density values and those found in the literature from
values calculated with Refrpop 10.0

3.5.

Comparisons with other hydrofluoroolefins (HFOs)

As anticipated in the introduction, R1224yd(Z) can be considered, like R1234ze(Z) and
R1233zd(E), as a low GWP substitute for R245fa due to their similar NBP. In view of the necessity
to select one of these fluids for their applications and just to give an idea of their relative volumetric
properties in the liquid phase, Figure 4 show the density behavior of these fluids at two isotherms
(300 and 360) K. It is evident that R1224yd(Z) is the fluid with the highest density at both
temperatures, and this could give some advantage in terms of reduced dimensions for the
components of the machines where it could operate as working fluid.

	
  

	
  

Figure 4: Comparison between the experimental R1224yd(Z) compressed liquid densities at
two temperatures (303 and 363) K with those calculated at the same temperatures
for three alternative refrigerants (R245fa, R1233zd(E) and R1234ze(Z)
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4. CONCLUSIONS
The paper reports 90 compressed liquid density data for the refrigerant R1224yd(Z), measured
through a vibrating tube densimeter at isothermal conditions in the range of temperatures between
283 K and 363 K, with pressures from saturation to 35 MPa. A comparison with the fundamental
equation of state developed by Akasaka et al. (2017) and implemented in the Refprop 10.0 data
base, showed a good agreement (AAD%=0.046%, MAD%=0.12%) between the experimental and
the calculated data, especially considering that most of the data are in the extrapolation areas of
the equation. The data will be used to further improve the equation of state. Moreover, 10
saturated liquid density data were extrapolated showing a good agreement with the saturation
density calculated with the fundamental equation of state. Finally, a correlation was developed to
allow the calculation of saturated liquid density as a function of temperature.
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NOMENCLATURE
AAD% Percentage Absolute Average
Deviation (%)
GWP Greenhouse Warming Potential (-)
MM
molar mass (kg kmol-1)
MAD% Percentage Maximum Absolute
Deviation (%)

ρ
ω

Greek Symbols
density (kg/m3)
acentric factor (-)

crit
sat

Subscripts
critical
saturation

NBP

Normal Boiling Point (K)

P
T

pressure (MPa)
temperature (K)

τ

1-T/Tcrit (-)

r
REFP

reduced
Refprop 10.0
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ABSTRACT
In recent years, binary and multi-mixture refrigerant have been developed to increase the cycle
efficiency and reduce environmental effects. The most promising mixture are composed of
R1234yf or R1234ze(E) with HFC or natural refrigerants. However, the experimental data of new
mixture is still in short. In this work, we present the results obtained for the temperature-density
diagram of CO2 and R1234ze(E) at the vicinity of the mixture critical point for 4 different
compositions. Measurements were done by an equipment whom technique is based on synthetic
visual method with observation of disappearance of liquid-vapor interface. Cubic equation of state
and Refprop model were used to correlate the data. With cubic EoS, the critical point is determined
by considering Heidemann et Michelsen method. The results obtained show a good agreement
between experiments and proposed modelling.
Keywords: Working fluid, fluid thermodynamics, experimental work, modeling

1.

INTRODUCTION

It was admitted that hydrofluorocarbons (HFC’s) are banned for utilisation in refrigeration and
climatisation. This is the consequence of an environmental politic started in 1985 with Protocol
Montreal: Regulations concerning ozone-depleting substances have prohibited the use and the
production of chlorofluorocarbons (CFC’s) and of hydrochlorofluorocarbons (HCFC’s) worldwide.
Consequently, hydrofluorocarbons (HFC’s) were proposed as alternative refrigerants but they have
non negligible global warning potentials (GWP’s). Consequently, after the Kyoto protocol in 1997,
regulations concerning GWP have progressively prohibited the utilisation of these latter chemicals.
The F-gas regulations (2009) were created in order to plan the utilisation and replacement of these
refrigerants. In 2016, at Kigali amendment (2016), the utilisation of HFC was definitively banned.
The 2009 F-gas regulation fixes the limits of GWP for each year. In 2018, the objective is to use
fluids (pure compounds or mixtures) with GWP < 1300. close to the GWP of R134A (GWP = 1300,
Bolaji, 2010). In 2020, the objective will be to use fluids with GWP < 1000. In order to reach the
objectives in terms of GWP, two solutions exist: the first one consists in developing new fluids with
low GWP values, such as hydrofluoroolefines (HFO’s). The second one consists in developing new
blends of refrigerants (less than 3 components).
The development of refrigerators, heat pumps or organic Rankine cycle machines requires the
knowledge of the thermodynamic properties and the phase diagram of working fluids. For example,
to design heat exchangers with and without phase changing, it is important to know the state of the
fluid and to evaluate the level of the temperature or pressure glide. In this case, it is important to
know if the fluid behaves like a pure component (azeotropic behaviour) or not. So, knowledge of
phase diagram is essential. Coquelet and Richon (2009) and Privat and Jaubert (2013) have
revisited the Scott and van Konynenburg (1980) classification and applied it to refrigerantcontaining systems.
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Phase diagram are predicted in general by equation of state. The most famous EoS’s are of cubic
type, such as equation 1, and all the thermodynamic properties like residual enthalpy can be
calculated from such an EoS.
𝑃=

!"
!!!

−

! !
!!!"#!!! !

Eq. (1)

where u and w are EoS parameters (for the Peng-Robinson EoS, u = 2 and w = -1), a is the
attractive term [Pa.m3.mol-1] and b is the molar co-volume [m3.mol-1]. They are very easy to use, do
not require a lot of experimental data and can be used to opredcit other thermodynamic properties
mlike density or heat capacity. Denisty prediction s are very importnatr in the context of heat
transfer (estimation of Reynolds and Prandlt numbers for the estimation of heat transfer coefficient)
and for the design of compressor and evaluation of pressur drop.
For the calculation of phase equilibrium, the thermodynamic approach is based on the isofugacity
criterion. There are two main ways to solve equality of fugacities. The dissymmetric or “γ-Φ”
approach consists in using two different models for describing the vapor phase and the liquid
phase: for instance, a cubic EoS like equation 1 for the vapor phase and an activity coefficient
model for the liquid phase. Unfortunately, this method is limited to the low or moderate pressures
and can not calculate the critical point of a mixture. The second one consists in using a symmetric
(or “Φ-Φ”) approach. The model is identical for the liquid and vapour phases. Mixing rules are
necessary to calculate the parameters a and b of the EoS for the mixtures. Two types of mixing
rules are frequently used:
- The van der Waals mixing rules (known as quadratic mixing rules).
- gE type mixing rules combining an EoS with an activity coefficient model. The first mixing rule
belonging to this approach was developed by Huron and Vidal (1979) with an infinite pressure
reference. Other authors used zero pressure reference for low pressure VLE. The thermodynamic
models have to represent as accurate enough the phase diagram et so the mixture critical point.
In order to obtain the parameters of a cubic EoS, experimental data are needed, mainly VLE data.
Concerning estimation of critical point or densities at the vicinity of critical point, it is
recoemmended to use adapated equipment based on synthetic method. In this communication, we
proposed to investigate the phase diagram of the binary system CO2 + R1234ze(E). We will
present results reviously published and new results concerning the volumetric properties at the
vicinity of the critical point of several mixtures studied.

2.

PHASE DIAGRAM OF THE CO2+R1234ze(E)BINARY SYTEM

This system was previously investigated by Wang et al. (2018). The method of measurement is
based on analytical method where the composition of each phase is obtained by analysis after
sampling (direct sampling method). An in-house developed apparatus is used in this work to
perform the VLE data measurement. Two electromagnetic capillary samplers Rapid On-Line
Sampler-Injector (ROLSI®, patent FR 2.853.414) offer precise micro-sampling of mixture
equilibrium phases and are connected to a gas chromatograph to analyze phase composition. The
method is fully descrbed in the paper of Wang et al.. The Peng Robinson EoS(1976) is used to
correlate the data. In order to have the best description of the phase diagram (Coquelet et al.,
2009), we have considered the Wong Sandler mixing rule (1992) coupled with the NRTL (Renon
and Prausnitz, 1968) activity coefficient model (Eqs 1 to 4). Figure 2 presents the complete phase
diagram.
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Figure 1: Pressure as a function of CO2 mole fraction in the CO2 (1) + R-1234ze(E) (2) mixture at
different temperatures and critical line. Solid lines: calculated with PR EoS, Wong-Sandler mixing
rules and NRTL activity coefficient. Dashed line: calculated mixture critical line (Wang et al.)

Binary interaction parmeters of the model are adjusted directly to VLE data. Using the power laws
with asymptotic behavior at critical point (Ungerer et al., 2005), at a given temperature, the mixture
critical composition and pressures can be calculated (Eqs. 2-3) using the experimental data highly
close to the critical point.
!!!
!

Eq. (2)

− 𝑥! = 𝜆! 𝑃! − 𝑃

𝑦 − 𝑥 = 𝜆! 𝑃! − 𝑃 + 𝜇 𝑃! − 𝑃

!

Eq. (3)

x and y are molar fraction in the liquid and vapor phases at equilibrium for a given temperature T
and at pressure P. β =0.325 is a characteristic universal exponent (Sengers et al. 2000). λ1, λ2 and
µ are adjustable coefficients regressed from experimental VLE data near the critical point. Fig. 2
presents the critical temperature and critical pressure as a function of critical point composition.
Heidmann and Khalil algorithm (1980) is employed to compute the critical line with our model.
Helmholtz energy is used asthermodynamic potential and it is considered that the critical point
corresponds to the limit of stability. In 1998, Stockfleth and Dohrn improved this method by
generalizing the previous algorithm. We have chosen their algorithm to compute the critical line
using our model. The binary parameters are thus obtained by fitting VLE experimental data in the
CO2 supercritical domain. Mixture critical line is plotted in Fig. 1. The proposed model is in good
agreement with experimental data and can predict the phase diagram of the system.
The model developed using VLE data will be used to correlate the new experimental data obtained
concerning the volumetric properties of the CO2+R134ze(E) binary system at the vicinity of the
mixtrure critical points.

A

B

Figure 2: Critical temperature (A) and pressure (B) of the binary system CO2 (1) + R-1234ze(E) (2).
Solid line: calculated using our model. Δ: experimental data from Juntaratchat et al. (2014), ▲:
predicted using power laws with asymptotic behavior at critical point.
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3.

MEASUREMENT OF CRITICAL PROPERTIES AND DENSITIES

The accuracy of the experimental data depends strongly on the method used. Open circuit
methods include several different techniques. The method currently apply for the determination of
critical properties are generalyy based on synthetic method. The global composition of the mixture
is known a priori, so that no sampling and analysis are necessary. The composition of each phase
is determined by solving mass balance equations (indirect methods) or the system is brought to its
bubble or dew point. Concerning critical point measurements, the technique consists in observing
the critical opalescence by controlling the temperature and the flow of the mixture circulating
through the equilibrium cell. Fig 3 describes the critical point apparatus. This method was used by
Soo et al. (2010) and Juntaratchat et al.(2014) for the determination of critical temperature and
pressure.
CPU
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PT
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P-‐2

P-‐12
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P-‐9 V-‐4

V-‐5

V-‐6
P-‐14

Figure 3: Schematic diagram of the critical point measurement apparatus. PS: pressurized source;
VPr: volumetric press; SP: syringe pump; VP: vacuum pump; HE: heat exchanger; EM: electric
motor; MS: magnetic stirrer; VC: view cell; AT: air thermostat bath (oven); TP: platinum resistance
temperature probe; PT: pressure transducer; TR: temperature regulator; BD: bursting disc; FV: flow
regulation valve; DAS: data acquisition system; CPU: central processor unit; V: valve

Volumetric properties data at the vicinity of the critical point are obtained using a “synthetic-visual
method”. The principle is to add certain amounts of mixture into an equilibrium cell and to measure
the temperature and pressure by observing the disappearance of vapor-liquid interface. The Fig. 4
reminds the 𝑇−𝜌 diagrams for a pure component and a mixture. It is important to note that the
locations of critical point are different. Similar graph can be plotted by considering 𝑃−𝜌 diagram.

A

B

Figure 4: 𝑻-𝝆 diagram for a pure component (A) and a mixture (B)

On the Fig. 4, the curve at left represents the vapor density and the curve at right represents the
liquid density. These two curves converge at the critical point, which is noted as ‘K’. The
corresponding temperature for vapor densities are determined at the moment when the last drop of
fluid disappears if the cell is heated and at the moment when the first drop of fluid appears if the
cell is cooled down. The corresponding temperatures for liquid densities are determined at the
moment when the last bubble disappears if the cell is heated and at the moment when the first
bubble appears if the cell is cooled down. For the points at the vicinity of the critical point, the
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corresponding temperatures are measured at vapor-liquid equilibrium when the opalescence is
observed.
Fig. 5 presents the schematic diagram of the synthetic visual VLE measurement apparatus used
for the density measurement at he nvicinity pof the critical point. The apparatus is composed by
three main parts: the equilibrium cell, the volumetric pump and the data acquisition unit. The EC is
comprised of a sapphire tube which contains the equilibrium mixture, sealed by two titanium
flanges respectively at the top and bottom. The top titanium is connected with a platinum probe
PP2 and a pressure transducer PT2. The platinum probe aims to measure the temperature at the
top of the cell and the pressure transducer is used to measure the pressure in the cell. At the
bottom titanium, a magnetic stirrer is installed to accelerate the phase transition and a platinum
probe PP3 to measure the mixture temperature at bottom. Three valves are connected with the
cell. The mixture is added into the cell when the valve 4 is open and the addition is stopped when
the valve 4 is closed. The valve 8 aims to control the usage of the pressure transducer PT2, the
real-time pressure data of cell is read when the valve 8 is open. The valve 5 is connected with two
values, the valve 6 aims to remove the mixture in the cell and the valve 7 is connected to the
vacuum pump. The platinum probe in the middle of the cell PP4 aims to measure the center
temperature of the cell. The volume of the cell is 12.8315 ml.

Figure 5: Schematic diagram of synthetic visual VLE measurement apparatus, LC: loading cell; EC:
equilibrium cell; V: valve; IP: ISCO pump; PP: platinum probe; PT: pressure transducer; PC: personal
computer; VP: vacuum pump; DU: data acquisition/switch unit; MS: magnetic stirrer; Full line: tube;
Dotted line: electric wire

The volumetric pump consists of two parts: a syringe pump (ISCO Model 100DM) and a pump
controller (ISCO SERIES D). Refrigerant flows into the syringe pump with controlled flowrate and
the controller enables to regulate the pressure in the pump. In this work, the pressure of the
refrigerant in the ISCO ump is kept at 90 bars. The ISCO pump is connected with a pressure
transducer (DRUCK 0-150 bars) PT1 and a platinum probe PP1 to collect the temperature and
pressure data in the pump which enables to calculate the density of the refrigerants. The valve 1 is
used to control the mixture addition and the valve 3 is used to control the usage of PT1. All the
platinum probes and pressure transducers are connected to a LXI data acquisition/switch unit
(Agilent 34972A) which is linked to a personal computer using the interface of Agilent BenchLink
Data Logger 3. During the experiment, temperatures and pressures collected by the sensors are
read and saved in the system.
The volumetric properties experimental data of four CO2 and R1234ze(E) mixtures using
synthetic visual method are presented Table 1. For the mixture 79.6% CO2 and 20.4%
R1234ze(E), there is no data for the pressure due to the limit of operating of the apparatus. An
estimation was made for the uncertainties of densities and the order of magnitudes is calculated,
where 𝑢 𝜌 ≅ 10  𝑚𝑜𝑙 ∙ 𝑚 !! with u(p)=0.07 MPa and u(T)=0.01 K.

4.

PRESENTATION OF THE RESULTS

Our results are presented in Figs. 6 and 7. We can observed that if the mole fraction of CO2 in the
mixture is increasing, the critical point temperature decreases and the temperature difference
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between maximum point and critical point increases. We have compared our data with the
prediction from our model based on Peng Robinson EoS. In order to do that, we have calculated
densities at the bubble and dew pressures. Figs. 6 and 7 reval that the experimental and
calculated densities are in good agreement but predicted densities do not respect assympotic
behaviour. Corrections like the ones applied in crossover EoS (Dicko and Coquelet, 2010, Janecek
et al. 2000 ) have to be considered to improvge the denisy predictions.
Table 1. Compositon of the systems studied

Expected composition in mole fractions
CO2
0.2
0.4
0.6
0.8

R1234ze(E)
0.8
0.6
0.4
0.2

Real composition in mole fractions
CO2
0.224
0.408
0.6
0.796

R1234ze(E)
0.776
0.592
0.4
0.204

Our results were also compared with the prediction from REFPROP 10 (Lemmon et al., 2013).
Binary interaction parameters for the binary system CO2+R1234ze(E) are implemented. These
parameters were adjusted on molecular simulation data from Raabe (2013). Wang et al. have
shown that the the prediction of VLE data using REFPROP model are in very good agreement with
our experimental data for temperature tower than the critical temperature of CO2. For temperature
higher tghan the critical temperature of CO2, the data predicted by molecular simulation are not in
good agreement with the experimental data (Wang et al.).
Consequently, by analysis the Figs. 6 and 7, we can conclude that fundamental EoS (REFPROP
10) can not be used to predicted density at the vicinity of the mixture critical point and density data
are strongly required. Moreover, VLE data for temperature higher than the critical temperature of
CO2 have to be used to fit the binary interaction parameters of the Helmoltz type EoS.
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Figure 6: T-𝝆 diagram for four CO2 and R1234ze(E) mixture. ▲: our experimental data, solid line: our
model, : •: calculated critical point, dashed line: REFPROP v 10, yellow symbol: critical point from
Wang et al. (1996)
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model, : •: calculated critical point, dashed line: REFPROP v 10, yellow symbol: critical point from
Wang et al. (1996)

5.

CONCLUSIONS

The accurate knowledge of thermodynamic properties of a refrigerant is necessary to evaluate the
performance of a refrigeration or heat pump cycle, due to their direct relation to the energy balance
equations (Coquelet and Richon, 2009). Therefore, in order to help evaluating the relevance of this
mixture for applications, the vapor liquid equilibrium properties of the binary mixture CO2 +
R1234ze(E) was experimentally investigated, i.e. VLE data (Wang et al. 2018) and new density
data at the vicinity of the mixture critical point. These data are very important for the design of
transcritical system. Our study reveals without VLE and density data, fundamental EoS like the one
program in REFPROP are not accurate enough for the prediction of phase diagram when
temperature is higher than the critical temperature of CO2.

NOMENCLATURE
v
f
u,w
µ
E
C

3

-1

molar volume (m .mol )
fugacity (Pa )
equation of state parameter
assymptotic law parameter
excess property
critical property

P
T
x,y
λ
i,j

pressure (Pa)
temperature (K)
liquid and vapour Mole fraction
assymptotic law parameter
molecular species
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ABSTRACT
Ice fixation on the pipe surface causes the blockage accident of ice slurry flow. In this study, we
observed behavior of ice slurry flowing in transparent tube and investigated the ice fixation, which
caused by adhesion and accumulation of ice particles. We focused the fixation at a contraction
part, because the fixation seems to occur around valves or joint parts of the pipe. From the results
of the experiment, we suppose the adhesion (initial ice fixation) and the accumulation (growth of
the fixed ice) results from the different reasons. As the special feature of ice, the flow condition in
front of the contraction part affects the ice fixation. Because of large adhesion force of ice, the
block ice flowing from upper stream stacks at the contraction part and leads the ice accumulation.
Keywords: Ice Slurry, Heat Transfer, Fixation, Pipe Transportation.

1. INTRODUCTION
Ice slurry is liquid-solid two-phase mixture, which includes many fine ice particles in water or
aqueous solutions. Ice slurry is good as secondary refrigerant and thermal storage material
because of its good fluidity, heat transfer capability and heat density. We can transport high density
cooling heat by pipe transportation of ice slurry. However, if we use ice slurry under inappropriate
conditions, it causes the blockage of the pipe, which must be avoided in practical use. In general
two-phase flow, it was known that the blockage occurs with high solid fraction and low flow velocity
(Doron and Barnea, 1996). Additionally, ice slurry will have a special feature. For example, in ice
slurry, fixation of the ice particles on the pipe surface occurs because of its strong adhesion force
of ice, resulting in the blockage. Under the inappropriate condition, ice particles included in the ice
slurry adheres and fixes on the pipe surface. Then size of the fixed ice increases owing to
accumulation of the other ice particles. The mechanism of the ice fixation should be comprehended
to avoid the blockage.
In this study, we observed the behavior of ice slurry flowing in transparent tube and investigated
the fixation of ice particles. We focused the fixation at a contraction part in the flow channel,
because we found that the fixation seems to occur around valves or joint parts of the pipe, in our
previous work (Asaoka et al., 2016).

2. EXPERIMENT APPARATUS
Fig. 1 shows the experiment apparatus. Ice slurry was prepared in the ice slurry tank beforehand.
The ice slurry was produced from 5 mass% ethanol solution, and the initial IPF (Ice Packing
Factor) is about 20mass%. During the experiment, the ice slurry was circulated via Coriolis flow
meter, entrance section and test section by using gear pump. Test section is the transparent
acrylic pipe, of which inner diameter is 30mm and length is 200mm, having contraction part, of
which diameter is 4mm, length is 15mm, as shown in Fig. 2a. When we investigate the effect of the
inflow condition, we use the test section having double contraction parts. As shown in Fig. 2b, two
acrylic pipes are combined. The diameter of the upper contraction part is 4mm, and the lower is
12mm. Entrance section, which diameter is the same with the test section; 30mm and the length is
1000mm is established below the test section. We observed the ice slurry flows through the pipes
from bottom to up.
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Fig. 3 is the photograph of the test section taken in the typical experiment. Under the condition of
Fig. 3, the fixation of ice particles do not occur. However, under a specific conditions, the fixation of
ice particles occurs around the contraction part.
The flow velocity of the ice slurry was represented as Reynold s Number, Re. For the calculation,
inner diameter of the test section (30mm) is used as the characteristics length and kinematic
viscosity of the carrier liquid (5 mass% ethanol solution) is used. We can estimate IPF of the ice
slurry from the apparent density of the ice slurry, which can be measured by Coriolis flow meter
(Kumano, 2010).
The observation was carried out at 3 min interval. The IPF and flow velocity were varied in the
experiments. We confirmed the repeatability by performing every experiment 3 times under the
same condition.

Figure 1: Experiment apparatus

	
  

	
  

	
  

(a) Single contraction
(b) Double contraction
Figure 2: Photograph of the test section; inner diameter is 30mm
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Flow direction	
  
Figure 3: Appearance of ice slurry flow at test section; Re 1000, IPF 20mass%

3. RESULTS AND DISCUSSION
3.1.

Fixation Characteristics at the Contraction Part

Fig. 3 shows the pictures of the test section taken during the experiments. White dashed lines in
the figures represent the fixed ice. We increased Re from 300 to 1 500 at the 3 min interval. IPF of
the slurry was initially 7 mass% and decreased with time.
When Re is 300, as shown in Fig. 4a, ice particles adhered to the wall surface at the contraction
part. Then flowing ice particles were trapped and accumulated there, and the size of the block ice,
which consist of fixed ice particles, increased. Until Re increased to 1 000, the accumulation of ice
particles continued, and the size of the block ice became larger, as shown in Figs. 4b and 4c. The
rate of the accumulation decreased as Re increased. Just after Re was increased to 1 500, the
block ice was separated from the wall surface and flowed out, as shown in Fig. 4d.
We suppose that the adhesion results from the still ice particles trapped in the dead water region.
The separation is occurred by the shear stress between the block ice and flowing slurry. As flow
velocity increases, both the size of the dead water region and the shear stress increases. The
effect of the shear stress becomes larger around Re is 1 500.
The fixation characteristics are summarized in table 1. We confirmed that if we start the experiment
form Re above 1 000, the adhesion do not occur. When Re is 1 000, accumulation occurs but
adhesion do not occur. This means that the mechanism of adhesion and accumulation should be
different.
We performed each experiment 3 times under the same condition, and confirmed that the results
have repeatability. IPF of slurry have little influence on the fixation characteristics.

	
  
(a) Re = 300
(IPF of slurry, 6.3mass%)

	
  
(b) Re = 500
(5.4mass%)

	
  
(c) Re = 1000
(4.9mass%)

	
  

Flow direction
(d) Re = 1500
(4.8mass%)
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Figure 4: Fixation characteristics of ice particles at the contraction part
Table 1. Relationship between the fixation characteristics and Reynolds number

3.2.

Reynolds number, Re

Adhesion

Accumulation

Separation

300

Yes

Yes

No

500

Yes

Yes

No

1 000

No

Yes

No

1 500

No

No

Yes

Effect of Inflow Condition

Figure 5 shows the ice fixation at the lower contraction part. We used the test section having
double contraction part in this experiment. Re was 1 000, and initial IPF was 21 mass%. As can be
seen in the Fig. 5a, ice adhesion occurred at the outlet of the lower contraction part. The size of the
block ice, which consist of fixed ice particles, increased by the accumulation like Fig. 5b. Just after
Fig. 5b, the block ice separated from the wall accidentally as shown in Fig. 5c. The separated block
ice was carried along the slurry flow to the upper contraction part. Then, the block ice stuck at the
contraction part and led the ice accumulation.
This should be a special feature for ice, because of its strong adhesion force. The ice particles
trapped at lower contraction part agglomerate and formed large block ice. The block ice becomes
hard with time. Because the adhesion force of ice is strong, the block ice cannot be broken when it
impacts the wall of contraction part, and leads the ice accumulation.

	
  

	
  

	
  

Flow direction
(c) Just after (b)

(a) 1min
(b) 12min
(IPF of slurry, 21mass%)
(16mass%)
Figure 5: Fixation characteristics of ice particles at the lower side of the double contraction part

4. CONCLUSIONS
We observed the behavior of ice slurry flowing in transparent tube and investigated the fixation of
ice particles. We focused the fixation at a contraction part, because the fixation seems to occur
around valves or joint parts of the pipe. When flow velocity is low, ice particles adhere to the wall
surface at the contraction part. Then flowing ice particles are trapped and accumulates there, and
the size of the block ice, which consist of fixed ice particles, increases. The rate of the
accumulation decreases as flow velocity increases. When flow velocity is large, the block ice is
separates from the wall surface due to the share stress between the block ice and flowing slurry.
From the result of the experiment, we suppose the adhesion and the accumulation results from the
different reasons, because accumulation occurs but adhesion do not occur when Re is 1 000. As
the special feature of ice, the flow condition in front of the contraction part affects the ice fixation.
When the pipe has the double contraction part, ice adhesion occurs at the outlet of the lower
contraction part. If flow velocity is large, the block ice separated from the wall. Then the block ice
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stacks at the upper contraction part because of large adhesion force of ice, and it leads the ice
accumulation.
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ABSTRACT
Thermophysical properties of refrigerant-lubricant oil mixtures are of fundamental importance in
heat pump systems. In particular, the knowledge of phase diagram of these mixtures as well as
kinematic viscosity is very important for the design of the heat pump. Such information can be
gathered in data sheets called Daniel plots.
In this work, solubility at saturation of two hydrofluoroolefins (HFO) type refrigerants has been
measured in a polyolester type lubricant oil, along with density and viscosity measurements of the
liquid phase around room temperature.
P-T-x measurements were carried out by an isothermal isochoric synthetic method at two
temperatures, 333 K and 383 K. Two models are also proposed: a cubic equation of state to
correlate solubility data and an Eyring type model for the modeling of the kinematic viscosity.
HFOs studied include trans-1-chloro-3,3,3-trifluoroprop-1-ene (R1233zd(E)) and cis-1,1,1,4,4,4hexafluoro-2-butene (R1336mzz(Z)).
Keywords: Lubricant, Refrigerant, Solubility, Measurement, Viscosity.

1. INTRODUCTION
In a refrigeration or heat pump system, the working fluid comes into contact with the lubricating oil
used in the compressor. In most cases, the refrigerant dissolves into the oil phase, forming a
mixture. The viscosity of the liquid phase will decrease as a function of the refrigerant
concentration. The ensuing lack of lubrication is the main reason for a premature wear and a
potential breakdown of the compressor mechanical parts.
This refrigerant-lubricating oil mixture is also an issue for the rest of the system. Even with an
efficient oil separator installed, part of the lubricant oil migrates from the compressor to other parts
of the system such as the evaporator, condenser, expansion device and piping. If the oil is miscible
with the refrigerant over the various temperatures and pressures in the refrigeration cycle, it will
naturally flow back to the compressor. However, phase separation, in the form of liquid-liquid-vapor
and liquid-liquid equilibria, through the cycle can result in serious problems such as accumulation
of oil on the inside of the heat exchanger tubes, reducing heat transfer and overall performance. In
addition, the separation into two liquid phases (refrigerant rich and oil rich) prevents the oil flow
back, progressively draining the compressor and resulting in a lack of lubrication, reducing its life
span.
Hence, to avoid potential issues, the phase and transport properties of the mixture must be
understood. Miscibility, solubility and viscosity of the mixture are the main factors to determine the
suitability of a refrigerant-lubricating oil couple for a specific application and in particular for
predicting reliable oil return.
In spite of their importance, experimental and theoretical studies involving lubricant oils are still
scarce and further studies are always necessary. Especially since the restriction on the use of
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hydrofluorocarbons (HFCs) as working fluids in heat pumps, refrigeration and air conditioning
systems are leading to hydrofluoroolefins (HFOs) as alternatives. In parallel, as new applications
for industrial heat pump are being developed, new temperature and pressure ranges are exploited,
increasing the need for tools to predict the behaviour of these mixtures.
Data sheets in the form of Daniel Plots contain information about the influence of refrigerants on
the viscosity of lubricating oil as shown in Fig. 1. An operating point can be placed at operating
conditions (pressure, temperature). The diagram shows how much refrigerant is dissolved in the
lubricating oil at saturation. Since the saturation at the equilibrium state is time-related, the
concentration at saturation indicates a maximum of concentration at any operating conditions.
Hence, the kinematic viscosity read will always be lower than the real viscosity in the system,
which adds a safety when designing a cycle.

Figure 1: Daniel plot of a RENISO Triton SE55-R134a Mixture (Bock, 2007).

Modeling is necessary to avoid an extensive experimental study which can be costly in resources
and in time. Thermodynamic tools such as cubic equations of states can be used to predict the
behaviour and thermophysical properties of such mixtures. Nonetheless, experimental work is
always necessary to fit model parameters and for the validation of said models.
At this end, an original experimental apparatus has been developed to be able to measure HFO
solubility in lubricating oil as well as dynamic viscosity and density of the liquid phase up to 443 K
and 10 MPa. The experiments are based on a dynamic synthetic isothermal method. They will
provide sufficient measurements to fit models and to be able to reproduce Daniel plots for any
refrigerant-lubricant mixture.

2. EXPERIMENTAL MEASUREMENTS
2.1.

Experimental method

The synthetic isothermal methods are performed by measuring the pressure of a synthesized
multiphase mixture at isothermal conditions. An equilibrium cell is charged with an exactly known
amount of the first component before setting the system to the desired temperature. Subsequently,
a precisely known amount of the second component is added to the cell, which leads to an
increase in the pressure of the system. As the second component dissolves into the liquid phase,
the pressure inside the equilibrium cell decreases, eventually reaching an equilibrium value. For
this reason, this method is often referred to as pressure-decay method. After equilibration of the
system, the pressure and temperature are registered and the composition of the vapour phase is
calculated using the material balance from the known total composition, the composition of the
vapour phase and the phase densities and volumes. More experimental points along the boilingpoint line can be measured by repeating the addition of the second component into the cell.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

663

2.2.

Apparatus description

The apparatus used in this work, see Fig. 2, is based on a static-synthetic method as described by
Descamps et al. (2005). The equilibrium cell is immersed in a thermo-regulated liquid bath (Lauda
Proline RP 3530) which temperature is controlled within 0.01 K.
The equilibrium cell (96.85 cm3 volume) composed of a sapphire tube pressed between two
Hastelloy pieces, is identical to the cell used by Valtz et al. (2002) and Subramoney et al. (2010).
The bottom flange holds a magnetic stirring assembly. In order to perform accurate measurement
and to check for thermal gradients, two platinum resistance thermometers (Pt100 Ω) are inserted
inside wells drilled in both flanges of the equilibrium cell and connected to a data acquisition unit
(34972A LXI Data Acquisition Unit). These two Pt100 probes are periodically calibrated against a
25 Ω reference thermometer (Tinsley Precision Instrument) certified by the Laboratoire National
d’Essais (Paris, France). The resulting uncertainties on temperature measurements are within
±0.03 K. Pressures are measured by means of two pressure transducers (Druck PTX611, range 00.1 MPa and 0-5 MPa) connected as well to the acquisition unit. These transducers are calibrated
with a modular pressure controller (PACE 5000). The resulting uncertainties in pressure
measurements are within ±0.0003 MPa. Refrigerant and lubricant oil are charged into the cell with
two variable volume cylinders connected to an opto-electronic displacement transducer and a
pressurizing circuit (nitrogen). Each variable volume cylinder has its own pressure transducer and
a platinum resistance thermometer.
A U-tube density measurement apparatus is used for the measurements of liquid phase density.
The sample is introduced into a U-shaped borosilicate glass tube that is being excited to vibrate at
its characteristic frequency electronically. The characteristic frequency changes depending on the
density of the sample. Through precise determination of the characteristic frequency and
mathematical conversion, the density of the sample can be measured. This apparatus is thermoregulated through Peltier elements and the temperature is measured with two integrated Pt100
platinum thermometers. A dynamic viscosity measurement apparatus (Anton Paar Lovis 2000 ME)
has been used to measure dynamic viscosity of R1336mzz(Z) – Reniso Triton SE 220 mixtures.
This apparatus is based on the Rolling Ball Principle. A ball rolls through a closed, liquid-filled
capillary, which is inclined at a defined angle. Three inductive sensors determine the ball’s rolling
time (the greater the viscosity the longer the rolling time).
Materials. R1233zd(E) was supplied by Climalife with a purity higher or equal to 99.5% in mass.
R1336mzz(Z) was supplied by Chemours with a purity higher or equal to 99.5% in mass. The
Reniso Triton SE 220 (Polyolester lubricant VG 220) lubricant oil was supplied by Fuchs.
2.3.

Procedure

The experimental procedure for the static-synthetic method, as already described in Descamps et
al (2005), consists in the introduction of known amount of degassed lubricant oil and refrigerant in
the thermostated system. First, the cell, loading and circuit lines are evacuated down to 0.1 Pa.
The system is then thermostated at the desired temperature. The degassed lubricant oil is
introduced into the equilibrium cell through the loading lines. The displacement of the piston
(contained in the variable volume cylinder) and the pressure and temperature of the variable
volume cell are recorded. After measurement of the vapour pressure, refrigerant is introduced from
another variable volume cell, the pressure and temperature of which are recorded before and after
each loading. The system is agitated until the pressure becomes stable, indicating that an
equilibrium is reached. The on-line data acquisition unit is connected to a computer to allow real
time readings and storage of both pressure and temperature data. More refrigerant is then
introduced into the cell through successive loadings.
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Figure 2: Schematic Apparatus description. RT: Temperature Control; CPb, CPh : Pressure
Transducers (Low and High pressure); Vi :Valves; Vci : Loading valves; PV : Vacuum pump; BL :
Liquid Bath; SP : Platinum probes; CE : Equilibrium cell; AM : Magnetic stirrer; CR : Refrigerant
cylinder; Th : Thermocouple; GP : Pressurizing gas; CD : Displacement transducer: VVR : Variable
Volume cell for Refrigerant; VVH : Variable Volume cell for Oil; HD : Degassed Oil; ACD :
Displacement acquisition unit; SA : Acquisition unit system.

3. CALCULATIONS
3.1.

VLE Data Modeling

The experimental VLE data are correlated using a SRK-type cubic equation of state, shown in
equation (1):
Eq. (1)
The attractive term a and the co-volume b, are respectively given by equations (2) and (3), while
mixture parameters are obtained from equation (4) and (5), as described by Yokozeki (2007) :
Eq. (2)
Eq. (3)
Eq. (4)
Eq. (5)
Where mij = mji and mii = 0. In this model, there are up to six interaction parameters for each binary
pair: lij, lji, mij, t0,ij, T1,ij, T2,ij. The pure component parameters are calculated with equations (6) and
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(7). Only a slight change has been made from the original paper of Yokozeki (2001), on the α
function. As shown on equations (8) and (9), the first parameter β0 should not be fitted, but taken
as a constant equal to 1 in order to fit the requirements of an α function. In this case, for Tr equal to
unity, the alpha function should exactly be equal to one.
Eq. (6)
Eq. (7)
Eq. (8)
Eq. (9)
3.2.

Viscosity Modeling

Since the work of Eyring and his co-workers (Glasstone et al, 1941), based on absolute rate
theory, the Eyring’s model for predicting kinematic viscosity has been successfully used (Wei and
Rowley, 1985; Ji and Lempe, 2006; Lee and Lee, 2001). This model is based on the activation
Gibbs energy of flow required to remove molecules from their most favourable state to the
activated state. The equation (10) shows the expression of the kinematic viscosity:
Eq. (10)
The activation Gibbs energy of flow can be separated into a pseudo ideal solution part and an
excess part as shown in equation (11):
Eq. (11)
Combining equation (10) and (11), the kinematic viscosity can be expressed as:
Eq. (12)
The viscosity of an ideal mixture can be expressed as a function of the viscosity of the pure
components:
Eq. (13)
Wei and Rowley (1985) proposed a simple way to relate the excess activation Gibbs energy of flow
to the excess Gibbs free energy, using a proportional factor:
Eq. (14)
The excess Gibbs free energy of a mixture can be calculated from the fugacity coefficients of the
constituent components in mixture and those of pure substances:
Eq. (15)
The fugacity coefficients of the constituent components in mixture and those of a pure substance
can be calculated with the cubic equation of state used for the VLE calculations.
It has been reported that the estimated viscosities of mixture had large discrepancies from the real
values if σ is treated as a parameter. In order to improve the accuracy of estimation, the parameter
σ can be considered as a function of composition.
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Eq. (16)
3.3.

Results and discussion

The results of the solubility measurements are presented in Fig. 3 with the results of the prediction
from the cubic equation of state. The parameters associated with the cubic equation of state are
presented in Table 1. The model shows good performance, especially with the R1336mzz(Z),
considering that only the first three parameters, m12, l12, l21, have been fitted on experimental data.

Figure 3 : Solubility of R1233zd(E) and R1336mzz(Z) in Reniso Triton SE 220 at 333 K and 383K. ■:
R1233zd(E)-Reniso Triton SE 220 at 383 K; ♦: R1233zd(E)-Reniso Triton SE 220 at 333 K; ○:
R1336mzz(Z)-Reniso Triton SE 220 at 383K; □: R1336mzz(Z)-Reniso Triton SE 220 at 333 K.
Table 1 : Cubic equation of state parameters and associated AAD(%).

System
m12
R1233zd(E)-Reniso Triton
0.028
SE 220
R1336mzz(Z)-Reniso
-0.04
Triton SE 220v

l12

l21

τ0,12

τ1,12

τ2,12

AAD(%)

0.1

0.01

1

0

0

<5.73

0.1

0.05

1

0

0

<2.24

The results of the kinematic viscosity prediction are presented in Fig. 4. Even though the correct
trend is obtained, the results are still far from the experimental data. A decisive improvement can
be done in the definition of the proportional factor function.
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Figure 4 : Kinematic viscosity of a R1336mzz(Z)-Reniso Triton SE 220 mixture at different
temperatures (283K, 293K and 303K). ♦:283 K; ▲: 293 K; ■: 303 K; − Eyring model.

4. CONCLUSIONS
In this work solubility measurements of R1233zd(E) – Reniso Triton SE 220 and R1336mzz(Z) –
Reniso Triton SE 220 mixtures have been made at 333 K and 383 K. These data have been
successfully correlated with a cubic equation of state with AAD below 6%. Density and dynamic
viscosity measurements have also been made at 283 K, 293 K and 303 K. An Eyring-type model
has been used to predict the corresponding kinematic viscosity. The results are encouraging but
additional work needs to be done, especially in the definition of the σ function.
An original experimental apparatus allowing the measurement of VLE data along liquid phase
density and dynamic viscosity data is being developed. The new apparatus will provide
experimental data sufficient to the fitting of the models used in this work and necessary to predict
Daniel plots.
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NOMENCLATURE
α
η
Τij
a
fij
h0
lij
NA
R
v

Temperature dependent term
Dynamic viscosity (Pa.s)
Binary interaction parameter
Energy parameter of the equation of
state (J.m3.mol-2)
Binary interaction parameter
Planck’s number (6.62617.10-34 J.s)
Binary interaction parameter
Avogadro’s Number (6.02204.1023 mol1
)
Molar gas constant (8.314472 J.mol-1.K1
)
Molar volume (m3.mol-1)

G
kij
mij

Parameter of the alpha function
Proportional factor
Fugacity coefficient
Molar co volume parameter
equation of state (m3.mol-1)
Gibbs Energy (J.mol-1)
Binary interaction parameter
Binary interaction parameter

P

Pressure (Pa)

T

Temperature (K)

x

Molar fraction

β
σ
φ
b
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#
E
C
ID

Flow property
Excess property
Critical property
Ideal substance

0
ID
i,j
r

Pure substance
Ideal substance
Molecular species
Reduced property
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ABSTRACT
Thermosyphons, as passive heat transfer devices, often assist heat pumps and refrigeration
systems. Employing nanoadditives enhance their heat transfer capabilities and in consequence
improve performance of thermal systems.
Here, we analyse thermal resistances and time-dependent boiling characteristics of devices filled
with water-based silica and graphene oxide nanofluids, known to enhance heat transfer capabilities
of water/glycol solutions. The experimental campaign in this work encompassed source
temperatures 40-85°C.
Nanofluids reduced thermal resistance of the device at low heat loads. The impact of
nanoadditives was restricted to the evaporator section and correlated with the formation of porous
layer on the heater's surface.
Additionally, nanofluid affected a pseudo-steady state geyser boiling. The frequency and intensity
of geyser events depended on the type of nanofluid, surfactants, and temperatures of heat
sources.
Keywords: Boiling, Nanofluid, Porous Surface, Thermosyphon.

1. INTRODUCTION
Thermosyphons, heat pipes, and other similar devices are among the most efficient heat transfer
devices known today (Faghri, 2014). Being self-sufficient and having size that easily adapts to the
requirements of application, from house heating, electronics cooling, to space applications (Reay
and Kew, 2015). A two-phase closed thermosyphon is a sealed tube filled with properly selected
working fluid.
Nanofluids, understood as suspensions of particles smaller than 100 nm, improve heat transfer
coefficients in thermal systems. As a consequence of the tininess of the nanoparticles and their
large specific surface area, a small volume fraction of particles influences transport processes and
causes thermal improvement. Even though viscosity increases when fluids are doped with
nanoparticles, the negative effect is usually smaller than the possible enhancement of thermal
conductivity. For this reason, nanofluids are especially suitable to be used in passive thermal
devices such as thermosyphons and heat pipes (Buschmann, 2014).
High efficiency of thermosyphons is achieved due to consecutively occurring phase transitions and
thereby the use of latent heat instead of sensible conduction or convection. Working fluid boils due
to heat supplied to the evaporator from the external source. Vapour flows through the adiabatic
section to the above-located condenser section where heat is released to the cooling medium.
Condensed liquid returns to the evaporator section due to gravity.
Despite apparent simplicity, under certain conditions, the stable operation of thermosyphon can be
disturbed. In certain range of geometric (diameter and length) and operating (heat flux, filling ratio,
etc.) parameter, there is increased probability of geysering, see Casarosa et al. (1982), Lin et al.
(1995), and Khazaee et. al (2010). There are four distinct stages of the phenomenon. (1) the liquid
in the evaporator section is heated by the external source. (2) Once superheated, a bubble
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emerges and grows rapidly to the size of the pipe diameter. (3) The bubble expands in vertical
direction, violently pushing the liquid trapped above it upward, in the direction of condenser. (4)
condensed liquid returns to the evaporator section and the cycle repeats itself. Very often the
phenomenon remains unrecognised, because its detection requires high resolution sensors and
continuous pressure measurements. The effect of geysering on the averaged heat transfer
performance of thermosyphon seems negligible. However, it causes high mechanical load that
leads to shock damage of the device (Smith et al., 2018).
In this work we summarize the experimental study on geyser boiling in the thermosyphon filled with
two distinct nanofluids: graphene oxide (GO) and silica dioxide (SiO2), as well as SDS solution.
Boiling curves and thermal resistances of both fluids are compared and discussed. Additionally, we
analyse pressure measurements and detect geyser boiling occurrences to determine their
intensity. These three factors are then combined in order to determine optimal operating conditions
for heat and mass transfer processes in thermosyphon.

2. EXPERIMENTAL STUDY
2.1.

Experimental Setup

The analysed closed-loop two-phase thermosyphon was build and installed at ILK-Dresden,
Germany. The schematics and details are presented in Fig. 1. The centrepiece is the 1,800 mm
copper (CW024A) pipe with an inner diameter of 20 mm and wall thickness of 1 mm. The
evaporator and condenser sections are each 400 mm long. Heating and cooling mediums are
supplied by copper coils wrapped around each section. The thermosyphon, including all coupling
links and all connecting tubes to and from the thermostats, are insulated with a 20 mm Armaflex®
insulation shell. The complete test rig is mounted in a vertical orientation on a rack made of
aluminium profiles.

Figure 1: Details of the experimental setup. (1) evaporator, (2) adiabatic section, (3) condenser, (4)
pressure transmitters, (5) temperature sensors, (6) thermostatic baths, (7) flow meter. On the right:
custom-made temperature probe soldered at the bottom of the evaporator section

Inlet and outlet temperatures of heating and cooling medium are measured with Pt100 sensors.
Temperature in the evaporator section is measured with a custom-made probe consisting of six
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equidistantly positioned Pt100 sensors. All Pt100s have the working range - 20°C – 150°C with
maximum uncertainty ± 0.32 K (calibrated at two-point calibration accuracy ±0.05 K).
Two thermostatic baths (Lauda Eco RE 1050 GW) with a temperature constancy ± 0.02 K supply
heating and cooling medium (water). Volume fluxes in the evaporator and condenser are
measured using two magneto-inductive flowmeters with a working range up to 0.012 m3/h and
accuracy ± 0.00076 m3/h at the maximum flux.
Pressure at the top of the device is measured with two piezo-resistive pressure sensors with
ranges 0 – 104 Pa (TRAFAG 8842) and 0 – 105 Pa (TRAFAG 8843) and accuracies ±2.5 Pa and
±250 Pa, respectively. Three additional pressure transmitters (TRAFAG 8842) are installed along
the adiabatic section (at heights 500 mm (p3), 900 mm (p2), and 1,300 mm (p1), see Figure 1),
each with a measurement range 0 – 400 mbar and accuracy ±50 Pa. Measurement frequency of
all pressure signals is 1 kHz.
Data acquisition is carried out using a message device and the ProfiSignal software (Delphin
Technology AG, Germany). The message device consists of several components, among them a
high-resolution analogue digital converter, which transforms the measurement signals. It is
connected with the measurement computer where the data can be monitored online.
2.2.

Working Fluids and Measurements

After evacuation, the thermosyphon is filled with 85 ml of working fluid via the filling nozzle in the
uppermost part of the device. With these 85 ml, the filling ratio is ~0.68.
2.2.1. Nanofluids
Two GO nanofluids (with and without SDS) has been tested. Both used fluids with graphene oxide
(GO) flakes have been supplied by ITME, Warsaw, Poland. The material has been prepared by
means of a modified Hummers method (Sadeghinezhad et al., 2015).

Figure 2: The samples of studied nanofluids (before and after experiments). (left) graphene oxide
(GO), (right) silica oxide (SiO2)
Table 1. Properties of analysed nanofluids (all use water as the base fluid)

Working fluid

Nanoparticles
concentration
g/L

Mean size
nm

Stabilizer
concentration
g/L

Water

-

-

-

SDS + Water

-

-

0.01

GO

0.1

901

-

GO + SDS

0.1

769

0.01

SiO2 + KOH

2 % vol

77

(up to pH 10.5)
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In presented series of experiments, we compare the behaviour of above-described graphene oxide
nanofluids to water-based silica nanofluid. The raw silica material (SIPERNAT® 22 S, Evonik
Industries AG, Germany) is dispersed unfractionated with higher concentration and diluted to 2 vol.
%. Stabilisation is done with KOH so that a pH-value of 10.5 is achieved. DLS measurement
(Zetasizer Nano ZS, Malvern Instruments GmbH, Germany) indicated a mean agglomerate size of
77 nm.
2.2.2. Measurement and cleaning procedure
Each working fluid is measured following a standardised procedure. In both the evaporator heat
exchanger coil and the condenser heat exchanger coil, the volume flux is kept constant at
0.012 m3/h. For each working fluid, two measuring series with condenser inlet temperatures of
nominal 15°C and 25°C are conducted. For both series, the inlet temperature at the evaporator coil
is varied between 30°C and 85°C with an increment of 5 K. Each measurement starts by adjusting
inlet temperatures and volume fluxes of the evaporator and condenser loop. Testing time was one
hour for each combination of inlet temperatures.
After each experiment, the device is opened and inspected with an endoscopic SOMIKON®HD
camera with a resolution of 2048 x 1536 pixels. After inspection, the interior of the thermosyphon is
intensively mechanically cleaned with brushes or emery paper and rinsed with acetone several
times. The inner wall is finally cleaned with a lint-free cleaning rag.

3. RESULTS AND DISCUSSION
3.1.

Boiling Curves

Boiling curves for all above-listed working fluids were analysed in the series of experiments. The
curves presented in Fig. 3 show the amount of heat transferred at a certain evaporator
overheating, which is calculated as the difference between the temperature measured at the
evaporator wall and the saturated temperature corresponding to the governing pressure.

Figure 3: Boiling curves for all tested fluids

The data shows that the introduction of additives reduces superheat corresponding to the particular
heat flux. Experiments confirm that the SDS solution is able to transfers slightly less heat than pure
deionized water (see Fig. 3). Nanofluids allow to transfer more heat (the amount varies depending
on the working fluid), while stabilizer reduces the performance of the device, regardless of the
presence of nanoparticles.
Evaporating liquids often require large superheats. In result the nucleation is often delayed. The
result is characteristic curve that is visible in Fig.3. This is not the case for nanofluids, for which the
nucleation seems to start instantaneously and at much smaller superheats. For example, at 95 W
silica nanofluid boils at the superheat that is about half of the superheat registered for pure water.
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However, there is no indication that that the enhancement is caused by thermal properties of the
nanofluid itself. From other studies of the boiling surfaces (e.g., Wlazlak et al., 2016; Grab et al.
2014; Murshed et al., 2011), we already know that nanofluids tend to accumulate on the surface on
the evaporator wall which explains its enhanced heat transfer capabilities (highly conductive rough
or porous structure promotes nucleation). GO nanofluid shows similar behavior (Wlazlak et al.,
2016), still the enhancement is not as profound as in silica (probably due to distinct shape and
chemistry of graphene nanoparticles). This agglomeration, also called baking, significantly
influences thermal resistance, which is discussed in the next section.
3.2.

Thermal Resistance

Time averaged thermal resistance is defined as the temperature difference between averaged
temperatures of heating 𝑇!   and cooling 𝑇! medium divided by the capacity of condenser 𝑄! :
𝑅 = 𝑡! − 𝑡! 𝑄! .
At cooling temperature 𝑡!" = 15℃, water tends to exhibit the highest thermal resistance. Fig. 4
shows normalized thermal resistances calculated for all investigated working fluids at the cooling
temperature 𝑡!" = 15℃. The presence of additives generally lowers the thermal resistance of the
device, but the effect is noticeable only for 𝑡!" < 50℃. For evaporator inlet temperatures 𝑡!" > 50℃,
all fluids express similar values of thermal resistance, regardless of any nano or chemical
additives.
Quantitatively, for 𝑡!" = 15℃ and 𝑡!" = 30℃ water shows the highest thermal resistance of
0.17 K/W (𝛿𝑅 = ±2.7×10!! K/W). The silica nanofluid creates the lowest thermal resistance with a
nearly constant value of 0.088 K/W (𝛿𝑅 = ±7.2×10!! K/W) at 𝑡!" < 50℃. For 𝑡!" > 50℃ all fluids
determine similar thermal resistance of about 0.076 K/W (𝛿𝑅 = ±2.1×10!! K/W).

Figure 4: Comparison of thermal resistances of thermosyphon, normalized against thermal
resistance of a device filled with water

3.3.

Geysering

Experimentally obtained pressure signals show that typical geyser events are characterised by a
distinct pattern that consists of a sharp rise followed by a longer lasting decline (see examples in
Fig. 5). While the pressure spike occurs within a few milliseconds, following gradual descent needs
more time and is partly overlaid by pressure fluctuations. The frequency and amplitude are
influenced by the operating conditions. As expected, the geysering is more violent (meaning higher
frequency but generally lower amplitude) at higher temperatures and heat fluxes. This result
agrees with Casarosa et al. (1982), Lin et al. (1995), and Khazaee et al. (2010).
Among the studied fluids, the geysering pattern is the most noticeable for water and GO nanofluid
(see Fig. 6). In the other cases, the distinction between real geysers and the noise is complicated
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because the amplitude is often not enough to clearly stand out from the noise. Still, pressure
spikes that mark the start of a geyser cycle are usually well above the mean of the pressure
distribution.

Figure 5: Geyser boiling occurrences showing different frequencies and amplitude. Events registered
for distilled water at two heating temperatures: 55°C and 70°C (𝒕𝒄𝒊 = 𝟐𝟓℃)

Pure water produces regular and easily detectable geysering (Fig. 5 and Fig. 6 – top-left). The
geyser cycle starts with the characteristic pressure spike that is followed by a region of decaying
pressure fluctuations. Occasionally a secondary weaker spike appears. Pressure fluctuations are
an echo of this spike, which fade over time.
In order to determine which pressure spikes are the real geyser events, we use time averaged
mean pressure to normalise the time dependent pressure distribution. Pressure threshold is set
independently for each test. Every peak exceeding this threshold is recognised as the onset of a
geyser cycle. Waiting time is defined to avoid misinterpreting pressure fluctuations occurring
immediately after geysers. For each case, the threshold and the waiting time are determined
individually.
All the other analysed working fluids show different pressure patterns. The feature that is common
is that once geysers appear, it takes certain amount of time for the pressure to stabilize, as seen
for pure water and GO in Fig. 6.
After operation in the thermosyphon, the nanofluids lost its colouring due to nanoparticles (see
comparison in Fig. 2) because the majority of nanoparticles have remained on the walls inside the
device. This is a result of violent nature of the boiling phenomena and fact that nanoparticles are
not transported by vapor. It may be also a result of geysering that facilitate deposition of
nanoparticles on the evaporating surface.
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Characteristic features of the pressure distribution of the silica nanofluid are the reduced number of
geyser events, the longer lasting period of pressure fluctuations, lower maxima for the initialising
pressure peaks, and lower pressure minima of the final pressure drops (see Fig. 6, top-right).
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Figure 6: Instantaneous pressure (measured at p3, see Fig.1) for water, graphene oxide, SiO2, and
also SDS and SDS with graphene oxide. The inlet temperature of cooling water is always 15 °C and
the inlet temperature of heating medium is always 85°C

Except a few peaks, the pressure pattern of silica is similar to the one of nucleate boiling-type
behaviour. It suggests that under these conditions, there is a continuous process of relatively small
bubbles detachment and almost no liquid is pushed upwards towards the condenser. Because
silica deposits on the evaporator wall, such behaviour may be caused by changed roughness and
wettability of the boiling surface, and in consequence increased nucleation site density.
The SDS solution, which is an ionic surfactant, prevents the geyser boiling entirely (see Fig. 6,
bottom-left). Because of reduced surface tension, bubbles cannot reach sizes big enough to eject
the fluid gathered above (Wang et al., 2016). Activation of nucleation sites requires less energy,
which translates into higher bubble departure frequency and smaller bubble diameters. It is not
only the geysers which are prevented by SDS, it is the entire pressure fluctuation which is damped.
Some damping behaviour can be observed for GO+SDS nanofluid. Comparison of amplitudes for
GO nanofluid (Fig. 6, top-centre) and GO+SDS nanofluid (Fig. 6, bottom-right) shows decreased
and more regular pressure fluctuations. In this case however, the geyser boiling is not prevented
entirely. As we shown in the earlier paper (Wlazlak et al., 2016), the surfactant seems to attach to
the graphene nanoparticles, which reduced the amount of the stabiliser in working fluid. This is the
most likely reason for the behaviour of GO+SDS nanofluid.

4. CONCLUSIONS
In the presented paper we have compared three aspects of thermal processes occurring in a twophase closed-loop thermosyphon for two distinct types of nanofluids: graphene oxide (GO) and
silica (SiO2). In particular, we focused on similarities of boiling curves, thermal resistance, and
geysering process. We found that:
• Nanoparticles in the fluid reduce superheat corresponding to particular heat flux and the
same heat flux can be transferred by using lower temperature of heating medium. The
experiments show that chemical stabilizer (SDS) increased required superheat and, as a
consequence, decreased the thermal performance of the device. Altering the working fluid
from distilled water to another investigated fluid/suspension shifts the working point of the
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•
•
•

thermosyphon, which includes a change of the amount of heat transferred and the
temperature levels.
For 𝑡!" < 50℃ the presence of additives lowers the thermal resistance of the
thermosyphon. For 𝑡!" > 50℃, working fluid has no effect on thermal resistance, regardless
of any nano or chemical additives.
GO with SDS and silica nanofluids lower the frequency of geysering, in some cases to
complete suppression., This effect is more prominent in SiO2 than in GO.
The data clearly show that geysering is sensitive not only to the particles in the fluid, but
also to the added chemical stabiliser.
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ABSTRACT
A density-based solver based on the OpenFoam library is coupled with a tabulated equation of state
which allows to accurately compute the properties of CO 2 at a reduced computational cost. The
homogeneous equilibrium model (HEM) is considered to predict the phase-change phenomenon.
The Navier-Stokes characteristic boundary condition is used as the outlet boundary condition to
guarantee the accuracy and stability of the simulation. As a result, this solver is suitable to simulate
supersonic flashing CO2 flows in converging-diverging nozzles and supersonic ejectors. Firstly, the
flows in the converging-diverging nozzle are simulated under supercritical condition. A good
agreement in terms of pressure distribution is obtained. Then, a two-phase CO2 ejector is
investigated numerically. Once again, a good agreement is obtained against experimental wall
pressure measurements.
Keywords: R744 two-phase flow, Compressible solver, Real gas properties, Ejector, Flashing nozzle

1. INTRODUCTION
In the context of refrigeration, using CO2 as the working fluid has several advantages: low cost, nontoxic, relatively low Global Warming Potential (GWP) and zero Ozone Depletion Potential (ODP). It
is considered to be a promising alternative to synthetic refrigerants in future energy conversion
systems and in the refrigeration industry. It has been proven that replacing the expansion valve by
a two-phase CO2 ejector results in improvements of the cooling capacity and the Coefficient of
Performance (COP) of the whole system (Elbel and Hrnjak 2006); (Elbel and Hrnjak 2008) and (Li
and Groll 2004). A standard system using a CO 2 two-phase ejector for expansion work recovery is
shown in Fig. 1. The motive flow coming from the gas cooler is the supercritical CO 2 fluid. It is
expanded through the primary converging-diverging nozzle (from point 3 to point 4). As a result, the
motive fluid gains kinetic energy, while decreasing significantly its pressure. The flow state
penetrates the liquid saturation curve (blue curve) and finally becomes liquid-vapor phase (point 4).
This rapid phase transition is usually named ’flashing’. It occurs often near the throat of the
converging-diverging nozzle. Due to the phase transition, the speed of sound decreases rapidly,
thus the flow can become supersonic immediately. Hence, at the exit of the motive nozzle, a lowpressure supersonic two-phase jet can be obtained, and it entrains the secondary vapor flow from
the evaporator (from point 9 to point 5). These two flows exchange momentum and heat by turbulent
mixing. The shock waves may occur during the mixing process. Finally, the mixing flow compresses
in the diffuser before entering the liquid-vapor separator (from point 6 to point 7).
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Fig. 1: Schematic of a transcritical CO 2 refrigeration cycle using a two-phase ejector for expansion
work recovery and the corresponding p − h diagram.

The converging-diverging nozzle is a major part of the ejector, in which the expansion of the motive
flow determines the suction capacity of the secondary flow. The converging-diverging nozzle has
been extensively investigated experimentally and numerically. Nakagawa et al. (2009) and Berana
et al. (2009) provided a very useful experimental database in terms of pressure and temperature
distributions for benchmarking purpose. Several converging-diverging nozzles with different
diverging angles were investigated under supercritical and subcritical conditions (Nakagawa et al.
2009) and (Berana et al., 2009). From a numerical point of view, most of CFD simulations of
converging-diverging nozzles were performed with pressure-based solvers. Yazdani et al. (2014)
considered the cavitation and boiling phase-change models in the pressure-based solver of ANSYS
Fluent (ANSYS 2010) to simulate the Nakagawa et al.’s (2009) nozzles. The pressure distributions
in the converging and diverging parts agreed well against the experimental measurements except
that some numerical oscillations were obtained at the outlet. Ameli et al. (2017) simulated Berana et
al.’s (2009) nozzles using Ansys CFX (ANSYS CFX 2015). Abnormal shock waves were predicted
near the outlet, which may be attributed to an inappropriate outlet boundary condition. The small
angle nozzles in Nakagawa et al.’s (2009) experiments were investigated by Giacomelli et al. (2018).
A tabulated property calculation approach based on Refprop (Lemmon et al. 2010) was coupled with
the pressure-based solver of ANSYS Fluent. However, different flow fields were obtained by
changing the formulation of the sound speed: the subsonic nozzle with a normal shock at the outlet
was predicted by the default speed of sound in ANSYS Fluent, while Yazdani et al.’s (2014)
formulation predicted a supersonic flow in the whole nozzle with some numerical oscillations
observed at the outlet.
The two-phase CO2 ejector is increasingly investigated by CFD simulations. The pressure-based
solver in Ansys Fluent with embedded Refprop database was used to predict two-phase CO2 flows
in ejectors (Smolka et al., 2013); (Palacz et al., 2015); (Haida et al. 2018). The mass flowrate or
entrainment ratio were used to assess the numerical model. However, it should be noted that
different flow fields could result in the same mass flowrate at inlets and outlet. Hence, the local
variables should be investigated, such as the pressure, velocity, vapor quality … The heat and mass
transfer mechanisms within a two-phase CO2 ejector are extremely complex to capture and
understand, including transient phase change (flashing), turbulent mixing, condensation and shock
waves, shock-boundary layer interactions … In terms of numerical method, each mechanism
mentioned above can affect significantly the predictions of the model. The inaccurate prediction of
one mechanism can lead to poor predictions, whereas the inaccurate predictions of two different
mechanisms can compensate each other and lead to satisfactory results in terms of global
parameters. Most of the open literature on two-phase CO2 ejectors for refrigeration applications has
been published based on pressure-based solvers, whereas it is now well known in the fluid
mechanics community that density-based flow solvers are required and more suitable for
compressible flows. They have been indeed extensively used for water transient simulations,
combustion applications, and single-phase ejectors. On the contrary, no CFD simulations based on
a density-based solver have been performed for transcritical CO 2 ejectors, which is mainly due to
numerical stability issues of commercial solvers and their incapacity to couple a density-based solver
with external real gas properties such as the Refprop or any other external subroutines. Hence, in
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the present work, the authors develop a new density-based flow solver based on rhoCentralFoam
proposed in the OpenFOAM library (Greenshields et al. 2010). The present solver is based on a
conservative formulation, which guarantees to correctly capture the acoustic waves within the
computational domain. The thermodynamic properties are computed by an accurate and efficient
look-up table equation of state (EoS) (Fang et al. 2018) based on Span-Wagner EoS (Span and
Wagner 1994) and covering the supercritical, vapor, liquid and vapor-liquid states of CO2. Moreover,
the Navier-Stokes characteristic boundary condition (NSCBC) is implemented for the outlet
boundary, which insures the correct ingoing and outgoing of acoustic waves at the boundary and so
enhances the stability of the simulation. It should be noted that the NSCBC is also coupled with EoS
to compute the ingoing and outgoing waves.

2. NUMERICAL MODELLING

The Navier-Stokes equations are solved by the proposed density-based solver. They consist of the
conservation of mass (Eq. (1)), momentum (Eq. (2)) and total energy (Eq. (3)), written as:

+
𝑡

 (𝑼) = 0

𝑼
+
𝑡
𝐸
𝑡

 (𝑼𝑼 + 𝑝𝑰) +  𝑻 = 0

+  (𝐸 + 𝑝)𝑼 +  (𝑻 𝑼) +  𝒋 = 0

Eq. (1)
Eq. (2)
Eq. (3)

The whole system is written under its conservation form in which the conservative variables are the
density ρ, the momentum ρU and the total energy ρE. The conservative formulation can allow to
accurately capture acoustic waves in compressible flows. The HEM assumptions are considered
here, in which the two phases are under thermodynamic and mechanical equilibrium. Hence, all
variables in the equations can be written for the two-phase mixture. T is the stress tensor written as:
𝑻 = −2 ∗ 𝑑𝑒𝑣(𝑫)

Eq. (4)

where μ is the dynamic viscosity and D denotes the deformation gradient tensor, 𝑫 = 0.5(𝐔 +
𝑇
𝐔 ). Its deviatoric component is dev(D) = D - trace(D)I, where I is the unit tensor. The heat diffusion
is presented by Fourier’s Law:
𝒋 = −𝑘𝑻

Eq. (5)

where k is the thermal conductivity. In practice, the temperature T is converted to the specific internal
energy to respect its conservative formulation. To close the system of equations, a tabulated EoS
based on Span-Wagner EoS is used to compute the pressure p by the density ρ and specific internal
energy e. This tabulated approach was developed by Fang et al. (2018), covering the temperature
from 216.59 K (the triple point temperature) to 1000 K and pressures up to 50 MPa. The liquid, vapor
and liquid-vapor equilibrium states are included, and the accuracy and computational cost were
carefully assessed (Fang et al. 2018). Moreover, the transport properties such as the dynamic
viscosity are also implemented according to Vesovic et al. (1989).
From a numerical point of view, the present density-based solver is a Riemann-solver-free segregate
solver. The equations are solved sequentially based on the volume finite method using semidiscrete, non-staggered central schemes for collocated variables (Greenshields et al. 2010). The
first-order Euler implicit scheme is employed for the temporal discretization. The Kurganov and
Tadmor schemes (Kurganov and Tadmor 2001) are considered for the spatial discretization. In order
to impose the boundary condition appropriately, the Navier-Stokes characteristic boundary condition
is considered for the outlet boundary (Poinsot and Lele 1992) and (Fosso et al. 2012). The ingoing
and outgoing characteristic waves are computed and handled at the boundary to insure both
accuracy and numerical stability.
The solving procedure can be summarized as follows:
• Compute thermodynamic and transport properties based on the density and specific internal
energy.
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•
•
•
•
•
•
•

Construct interface fluxes by interpolating the conservative variables, Un, at the previous time
step.
Solve the density equation to obtain ρn+1.
Solve the inviscid momentum equation to obtain (ρU) n+1.
Solve the diffusion equation for the velocity to update Un+1.
Solve the inviscid energy equation to obtain (ρE) n+1.
Solve the diffusion equation for the internal energy to update e.
Compute the conservative variables at boundaries.

3. NUMERICAL RESULTS
3.1.

Two-phase converging-diverging nozzle

The converging-diverging nozzle is an important part in a two-phase CO2 ejector, converting
pressure energy to kinetic energy and allowing to entrain the secondary flow. Moreover, the
interesting ’flashing’ phenomenon occurs near the throat of the converging-diverging nozzle. Here,
a 2D rectangular converging-diverging nozzle of Berana et al. (2009) is investigated with similar
operating conditions as in two-phase CO2 ejector applications. The 2D computational domain is
meshed with 115140 elements. The Independence of mesh is verified. The simulation is performed
without a turbulence model. The inlet conditions are p = 9 MPa and T = 313.15 K, while at the outlet,
the pressure is 3.89 MPa. The detailed geometrical parameters are summarized in Tab. 1.
din [mm]
10

Table 1. Geometrical parameters of the nozzle

Lc [mm]
15

Ht [mm]
0.4

Ld [mm]
20

 [o]
0.48

din and Ht denote the height of the inlet and the throat. Lc and Ld represents the length of the
converging part and diverging part. θ is the diverging angle. The length of the diverging part of the
nozzle was reduced to 8.38 mm in the experiment of Berana et al. (2009). Because no shock waves
are in the converging-diverging nozzle this length according to the single-phase isentropic calculation
under p = 9.5 MPa. The temperature was measured by thermocouple channels through drilled holes
along the nozzle walls. The pressure profile in the converging part is determined by the isentropic
calculation. Then, in the diverging part, the saturation pressures are computed by the measured
temperatures.

(a)

(b)

Fig. 2: (a) Pressure profile along the center line of the nozzle compared with the experimental results
by Berana et al. (2009). (b) Vapor quality and Mach number distribution along the center line

Fig. 2(a) shows the pressure profile (solid line) compared to the experimental results (markers), while
Fig. 2(b) illustrates the vapor quality and the Mach number distributions along the nozzle. Moreover,
the pressure profile from Ameli et al. (2017) (blue dashed line) is also presented in the same figure.
Slight discrepancies can be observed right after the throat. It is not guaranteed that the differences
arise from the two-phase modelling, though the non-equilibrium model was considered by Ameli et
al. (2017), because the saturated pressure from the experiment is essentially computed according
to HEM assumptions. Another explanation could be the choice turbulence model. The flow is fully
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turbulent within the nozzle and the resolution the boundary layer could change the velocity
distribution in the cross section and then it could affect the pressure distribution. Hence, more
sophisticated turbulence modelling should be applied.
Besides, it can be observed in Fig. 2(b) that the flashing occurs at the throat and the vapor quality is
equal to 0.48 at the outlet. In the meantime, the flow reaches sonic conditions at the throat.
Afterwards, the flow continues to accelerate in the diverging part and the Mach number is equal to
1.3 at the outlet.
3.2.

Two-phase ejector

The simulation of a two-phase CO2 ejector is performed in this section. Firstly, the 2D ejector is
meshed with 278,640 unstructured elements. The maximum Courant number is set to 0.1. The
maximum value of the wall coordinate y+ is around 90. The realizable k − ε model is considered with
a log-wal-function. The main geometrical parameters of the ejector are presented in Table 2 and
correspond to an existing experimental set-up available at Laboratoire des Technologies de l’Énergie
(LTE, Hydro-Québec, Shawinigan).
Table 2: Geometric parameters of the ejector. Lengths are in millimetres

dt
dprim
Ld
Ld
din
Lc
dmix
dout
3
3.11
6.64
69.2
6
5.598
4
10
din, dt, dprim denote the diameter of the primary inlet, throat, and outlet, while dmix and dout denote the
diameter of the mixing chamber, and the diffuser outlet. lc, ld, lmix, and ldiff represent the lengths of the
primary converging part, the primary diverging part, the mixing chamber and the diffuser,
respectively.
At the primary inlet, the CO2 fluid is in the supercritical state with p = 7.6 MPa and T = 311.9 K. At the
secondary inlet, CO2 is in the vapor state with p = 4.6 MPa and T = 284.1 K. The pressure at the outlet
of the ejector is 5.6 MPa which was measured by the pressure probe. Seven pressure probes are
displayed along the ejector wall. The probes at the primary inlet, secondary inlet and the outlet
provide the boundary conditions for the present simulation. The locations of other probes are shown
in Fig. 3 with grey dashed line. Fig.3 compares the pressure distributions obtained experimentally
and numerically together with the relative errors for the six streamwise locations.

Fig. 3: Pressure distribution along the center line of the ejector (black line). The blue circles illustrate
the measurements from pressure probes. The operating condition is p = 7.6 MPa and T = 311.9 K at
the primary inlet, p = 4.6 MPa and T = 284.1 K at the secondary inlet and p = 5.6 MPa at the outlet

A good agreement is obtained in the mixing chamber and the diffuser. The maximum relative error
(13.3%) is obtained at the beginning of the mixing chamber, where the primary and secondary flows
encounter and start to mix. Therefore, the turbulent mixing has a considerable effect here. In order
to improve the prediction of turbulence, other turbulence model will be tested including a resolved kw SST model as well as high fidelity LES approach.
Fig. 4 shows the density gradient map zooming at the primary nozzle and the starting of the mixing
chamber. It can be seen that strong density gradients are found at the primary nozzle throat and the
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primary nozzle outlet, which correspond to the flashing and the shock waves respectively. It can be
seen that the shock wave at the outlet is thick which is the type condensation shock. Moreover, the
reflection of the acoustic waves in the primary nozzle and in the mixing layer around the jet are
clearly visible according to the density gradient map.

Fig. 4: Density gradient map zooming at the primary nozzle and the starting of the mixing chamber.
The operating condition is p = 7.6 MPa and T = 311.9 K at the primary inlet, p = 4.6 MPa and T = 284.1 K
at the secondary inlet and p = 5.6 MPa at the outlet

Here, the operating condition may be not appropriate because neither the primary nozzle nor the
secondary nozzle is not fully supersonic. This preliminary simulation shows the capacity of the
present solver to handle the CO2 two-phase flow simulations. Other simulations are performing with
more appropriate operating conditions.

4. CONCLUSIONS

A density-based solver has been specifically developed for two-phase CO2 flows. The HEM is
coupled with the original solver based on the OpenFoam library to predict the flashing phenomenon.
The Navier-Stokes characteristic boundary condition is implemented in order to provide an accurate
and stable boundary condition. In addition, all thermodynamic and transport properties of CO2 are
computed by an in-house tabulated approach relying on Span-Wagner EoS. It can be considered as
a promising tool to investigate two-phase compressible CO2 flows in ejectors for refrigeration
applications. To demonstrate that, a converging-diverging nozzle and a two-phase ejector have been
simulated. Fairly good agreements in terms of pressure have been obtained against existing
experimental results. However, more attention should be paid to the turbulence prediction. Hence,
RANS simulations with wall-resolved BC and LES should be considered for future investigations.
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NOMENCLATURE
Acronyms
CFD
Computational Fluid Dynamics
COP
Coefficient of Performance
EoS
Equation of State
GWP
Global Warming Potential
HEM
Homogeneous Equilibrium Model
ODP
Ozone Depletion Potential
LES
Large Eddy Simulation
Navier-Stokes
Characteristic
NSCBC
Boundary Condition

Symbols
c
D
d
dev
E
e
h

Speed of sound [m. s−1]
Deformation gradient tensor [s−1]
Diameter [mm]
Deviatoric
Specific total energy [J.m 3.kg−1]
Specific internal energy [J.m 3.kg−1]
Height [mm]

I

Unit tensor [-]
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RANS
Reynolds Average Navier-Stokes
Greek letter

Dynamic viscosity [Pa.s]

Diverging angle [o]

Density [kg.m -3]
Subscripts
c
Converging part
d
Diverging part
diff
Diffuser
in
Inlet
out
Outlet
prim
Primary nozzle
t
Throat

j
Heat flux [J.m-2.s-1]
k
Thermal conductivity [W.m -1.K-1]
p
Pressure [MPa]
T
Stress tensor [Pa]
T
Temperature [K]
trace
Trace of the matrix
U
Velocity [m.s-1]
+
y
Dimensionless wall distance [-]
Superscripts
n
Numbering of the time step
T
Transpose of the matrix
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ABSTRACT
A new group of refrigerants known as haloolefins which consist of hydrofluoroolefins (HFOs),
hydrochlorofluoroolefins (HCFOs) and hydrochloroolefins (HCOs). These new low-GWP refrigerants
may have the potential for decreased chemical stability as compare d to the highly chemically stable
hydrofluorocarbons (HFCs). Previous generations of chlorofluorocarbons (CFCs) and
hydrochlorofluorocarbons (HCFCs) had good product reliability even though there were chemical
stability concerns.
This paper summarizes the current highly accelerated life test (HALT) methodologies to qualify a
new refrigerant for use. The authors will propose a methodology for extrapolating small scale highly
accelerated laboratory results to real life HVACR operational conditions using a simple
thermodynamic model and climate zone data. The chemical stability of HCFO-1233zd(E) will be
compared to demonstrate the effectiveness of the proposed methodology to validate it’s chemical
stability for use in chillers. In addition, the chemical stability of HCFC-123 will be used to validate as
a baseline of comparison to validate the chemical stability acceptability of R1233zd(E).
Keywords: R1233zd(E), Chemical Stability, Reliability, Chillers, Centrifugal

1. INTRODUCTION
HVACR equipment life expectancies are typically 15 to 25 years depending on the application, with
instances of operation in excess of 50 years. Chemical stability of the refrigerant containing systems
need to be designed to be stable enough without being replaced during its expected life. The ability
to assess the chemical stability of refrigerants in the laboratory has been a dilemma in industry for
decades. Investigators are challenged to correlate tens of thousands of system operation hours to
data from laboratory scale tests performed over durations of days, weeks or months. Highly
accelerated laboratory testing is required because of the impracticality and cost of running equipment
for years to validate the chemical stability of the refrigerant. It is common practice in the industry to
assess chemical stability of refrigerants using sealed glass tubes per ASHRAE Standard 97
procedures with various system materials at highly accelerated temperatures instead of running
equipment (ASHRAE 97, 2007). Typical accelerated conditions for sealed glass tubes experiments
can vary with temperatures ranging from 130°C to 200°C for duratio ns of 1 to 4 weeks, with a more
common test point established at 175°C for 2 weeks. These HALT temperatures often exceed the
inherent thermal capabilities of many organic materials and results from these evaluations may not
be relevant to the performance in HVACR equipment.
The proposed numerical methodology was first demonstrated by the authors for R22 unitary product
applications (Kujak and Sorenson, 2019). The authors presented the methodology with unitary
products since air cooled unitary products typically are the most widely used and typically run at the
most harsh ambient and operating conditions. In addition, R22 chemical stability data was available
in literature to allow the demonstration of the methodology. In this case study, water cooled chillers
operate at lower temperatures in the condenser because of the use of cooling towers for heat
rejection. In addition, these systems have typically higher efficiency which drives the operational
temperatures lower as well as the refrigerant properties lead to lower compressor discharge
superheats. All of these differences combined will lead to the refrigerant being exposed to overall
lower temperatures over the life of the equipment and thus will lead to much lower chemical
instability.
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Ultra-low (<10 GWP) refrigerants options that are nonflammable are available for use as alternatives
for R123 and R134a centrifugal compressor driven chillers (Kujak, S. et al., 2018). These alternatives
include R514A, R1233zd(E) and R1224yd(Z). The authors have evaluated the chemical stability of
R1233zd(E) in HALT testing and R1233zd(E) will be used to demonstrate the effectiveness of the
proposed methodology to validate it’s chemical stability for use in chillers. In addition, the chemical
stability of HCFC-123 will be used to validate as a baseline of comparison to validate the chemical
stability acceptability of R1233zd(E).

2. OVERVIEW OF PROPOSED METHODOLOGY
2.1

R1233zd(E) and R123 Chemical Reaction Kinetics

The concept of using reaction kinetics to study the chemical stability of HVACR refrigerants is not
novel, and was applied in the past with the use of CFC and HCFC refrigerants. With the introduction
of HFCs such as R32, R125, R143a, R134a, the use of rate kinetics has been infrequent or
unnecessary, as these refrigerants are largely chemically stable at highly accelerated temperature
conditions. Many historic papers studied the reactivity and degradation of these past refrigerants in
the presence of lubricant and various metals to determine their suitability for use. These CFC and
HCFC fluids, like R11, R12, R502, R123 and R22 while more reactive, were successfully applied in
the industry for more than 30 to 50 years. In these early fundamental studies, the chemical stability
of the refrigerant and lubricant combinations were evaluated using the sealed tube test approach, a
method that is widely applied today to understanding HVACR system chemistry. In these sealed
glass tube evaluations, the materials to be tested – typically refrigerants, lubricants, and metals –
are sealed in a glass tube, and aged in a heated oven for a specified amount of time to accelerate
the aging process. After exposure, the contents in the tube would be analyzed to detect breakdown
products for determination of rates of reactivity or decomposition mechanisms. The glass tube
approach was employed due to the relative chemical inertness of glass, but more impo rtantly, glass
allows the ability to monitor the condition of the materials before, during and after testing. Other
approaches to accelerated testing have been applied over the decades, including use of stainless
steel pressure vessels (Doerr et al., 1993) and DSC techniques (Kauffman, 1993), however the
sealed glass tube approach largely remains the preferred approach in the industry .
As introduced earlier, one must first fully understand the chemical reactions at hand to ensure the
refrigerant system being studied and measured is appropriate to model the reaction kinetics. In the
case of R123, gas chromatography analysis was utilized to identify and further study its reduction
reaction to form R133a via the exchange of one of its chlorine atoms for a hydrogen atom from the
lubricant (Eq. 1). Studies of R1233zd(E) indicate the reduction reaction is not the primary reaction
which would form R1243zf (Eq 2). The primary reaction seen is a stereoisomer rearrangement
reaction where the E (trans) isomer of R1233zd rearranges to form the Z (cis) R1233zd isomer where
the chlorine atom shifts from one spatial orientation to another (Eq. 3). Fig. 1 and 2 show the physical
change in the atoms in this stereoisomer rearrangement reaction for R1233zd(E). In this study, direct
correlation of R1233zd(E) degradation could be inferred by the measurement of R1233zd(Z)
produced, due to the stoichiometric relationship of the reactant s and products in the isomerization
reaction.
R123  R133a + Chloride, dissociation

Eq. (1)

R1233zd(E)  R1243zf + Chloride, dissociation

Eq. (2)

R1233zd(E)  R1233zd(Z), isomerization

Eq. (3)

Once the reaction kinetics are understood, then the impact on system performance and potential
remediation actions need to be understood over the life the equipment. The numerical model
presented in this paper presents a methodology to estimate the amount of ref rigerant breakdown
over the life of equipment operation given various climate zone stresses.
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Figure 1: Molecular Diagram of R1233zd(E) Figure 2: Molecular Diagram of R1233zd(Z)
Boiling Point = 19°C
Boiling Point = 39°C

2.2

Arrhenius Theory and R1233zd(E) Reaction Rates

The chemical reaction rate, the rate at which these chemical processes proceed, is dependent on
numerous factors. Factors that affect the reaction rate include the nature of the reactant, its physical
state (solid/liquid/gas), concentration of various reactants or products, temperature, pressure, and
the presence of catalysts which may accelerate or alter the reaction mechanism. The rate at which
these reactions occur can be described as the change in concent ration of the reactant [A] with
respect to time (t). For first order reactions, this rate can be described by the fi rst order rate law in
Eq. 4.
[𝐴]𝑡 = [𝐴]0𝑒 −𝑘𝑡 which can be rearranged as: ln

[𝐴]𝑡
[𝐴] 0

= −𝑘𝑡

Eq. (4)

Rate constants are determined experimentally, and require either; the ability to measure the
concentration of the reactant or, knowledge of the chemical reaction and stoichiometry to relate the
measured concentration of the products to the depletion of the reactant. If these consider ations are
not taken into account, the rate study will be ineffective and could lead to confounding results or
incorrect conclusions. A typical approach used in evaluating refrigerant stability is to monitor the
concentration of a key degradation product (or products) that results from the reactivity of the
refrigerant at an elevated temperature for a prescribed period of time.
The knowledge and fundamental understanding of a chemical’s reactivity can be further expanded
upon through the relationship described by Arrhenius theory (Brown, et al., 2003). Arrhenius argued
that for reactants to transform into products, they must first acquire a minimum amount of energy,
through heat or other means, called activation energy (E a). The concept of activation energy is
fundamental when describing the sensitivity of reaction rates to temperatures. As the rate constant
(k) is utilized to describe the reaction rate at a specific temperature, the Arrhenius theory allows an
understanding of the rate constant with respect to temperature (Eq. 5). Rate constants can be
measured over a range of temperatures to develop an Arrhenius expression to describe the fluid’s
reactivity based on the activation energy, E a, in kilojoules per mole and the pre-exponential factor A,
in 1/seconds.
𝑘 = 𝐴𝑒 −𝐸𝑎 /𝑅𝑇

Eq. (5)

Arrhenius theory is fundamental when utilizing accelerated life tests. A typical approach to
accelerated testing involves use of elevated temperatures to drive measureable reactions at
reasonable time durations. This approach to testing is based on a gener alization supported by the
Arrhenius theory, in that for many common chemical reactions near room temperature, the reaction
rate doubles for every 10°C increase in temperature. This relationship of reaction rate as a function
of temperature can then allow a researcher to gain important information on chemical reactivity on a
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scale of days as opposed to years. For instance, if the chemical system being studied is a system
operating at 100°C for 1 year (365 days), by using the generalization from Arrhenius, a n accelerated
test could be run at 150°C for 11.4 days to achieve similar chemical reactivity, if reaction mechanisms
are not altered by the elevated temperature. Increasing the test temperature by 50ºC results in an
increased reaction rate per Arrhenius theory by 32 times (2 5), which is equivalent to doubling of the
reaction rate for every 10°C rise in temperature (365 days/32 equals 11.4 days). When the
appropriate system is chosen and further studied, valuable information can be gained on the reaction
kinetics using the Arrhenius relationship. Knowing the chemical reaction kinetics and degradation
species allows one to be able to understand the variables which may promote or inhibit reactions.
With this knowledge, strategies can be further developed and implemented to achieve successful
applications of HVACR fluids
The authors conducted a number of HALT sealed glass tube studies with various catalyst, at various
temperatures and durations. R1233zd(E) was exposed at a 50% refrigerant/50% lubricant mixtures
with various iron catalysts and with a combination of copper/steel/aluminium catalyst to understand
the amount of isomerization. Temperatures were varied from 110 °C to 155°C, which are much higher
than highest temperatures seen by chillers in their operational life by approximately 50°C to 100°C.
Arrhenius theory indicates that chemical reactions typically double for every 10 °C increase in
temperature and these HALT temperatures were used to increase the reaction rates by 64 times to
1024 times to understand impact of R1233zd(E) isomerization. The Arrhenius reaction rates are
summarized for both R1233zd(E) and R123 in Fig. 3. The R123 reaction rates are from internal
studies done in the 1990’s by Kujak and are included as a basis of comparison since R123 chillers
have a long history of acceptable equipment reliability in water cooled chiller applications.

Figure 3: Arrhenius Plot of HALT Test Results for R123 and R1233zd(E) in
50% Refrigerant/50% Lubricant by weight with metal catalysts

3. NUMERICAL MODEL FOR ESTIMATING R123 and R1233zd(E) CHEMICAL
STABILITY IMPACTS OVER THE LIFE OF WATER COOLED CHILLERS
Today, published climate zone data is available through resources like ASHRAE Standard 169. It is
a simple operation to then use this data in combination with a simple thermodynamic refrigerant
model and set the condition of the system to obtain equipment operational characteristics. The
climatic data (dry bulb temperature vs hours spent) was obtained for eighteen climate zones that
represent most of the globe’s climates (ASHRAE 169-2016). Climate data was collected for 2.8°C
dry bulb temperature discretized bins from -33°C to 45°C for all climate zones. Climate zones include
weather regions from very cold (7), moist zones (6A-0A), dry zones (6B-0B) and marine zones (5C3C). Fig. 4 provides a summary of all the climate hourly data by the discreet 2.8°C dry bulb
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temperature ranges. In addition, ASHRAE 169 contains wet bulb temperature s for each of the climate
zones as well. For this study, the wet bulb temperatures are specifically important since the wet bulb
will set the water cooled chillers condenser temperatures as the result of the cooling tower
effectiveness. The authors determined that climate zone 0A impacts the breakdown of R22 the most
because of the long operational hours at elevated temperatures. In this study, the authors will use
only climate zone 0A data for this example since it is likely that it is also the worst case climate zone
for water cooled chiller operation. Fig. 5 provides a summary of the climate zone 0A hourly data for
discreet 2.8°C for both dry and wet bulb temperature ranges. The difference in dry and wet bulb
temperatures and hours spent at each condition is stark.

Figure 4: Number of hours spent at various
ambient temperatures (dry bulb) by climate zone

Figure 5: Summary of hours spent at dry and wet
bulb temperature for climate zone 0A

Air conditioning is only needed at elevated ambients, starting at temperatures 18.3°C to 23.9°C,
depending on the climate zones humidity conditions. It is then easy to understand the amount of time
and temperature the equipment will see over its lifetime. Long equipment operation in relatively low
ambients climate zones is not of particular interest from a refrigerant chemical stability standpoint
since the equipment’s operating temperatures and operational hours are low. Climate zones that
require long hours of operation at moderate to high ambients can set t he worst case from a refrigerant
stability stand point because it will drive up the condenser and compressor discharge temperatures.
A simple thermodynamic model was run at all the 2.8°C with wet bulb temperature discretized bins
to obtain the refrigerant temperatures for the condenser and compressor discharge temperatures.
An approach temperature of 3.9°C was used for tower and the wet bulb temperatures to set the
entering cooling water temperature to the condenser. The chiller evaporator conditions were set at a
constant 5.5°C leaving evaporator temperature and the compressor efficiency was fixed at 80
percent. The condenser leaving water temperature was also fixed at 5.5°C increase over the entering
condenser water temperature. Obviously this is worst case scenario since at lower capacity
conditions, the chiller would see lower condenser leaving water temperatures, but this assumption
was done for the simplifying the analysis. The heat exchangers saturated refrigerant approach
temperatures were set at 0.9°C. Superheat and subcooling were set to zero to simplify the analysis
and are typical for large capacity economized cycle centrifugal chiller operation.
Next, the amount of time the refrigerant experiences over the life the chiller needed to be determined
since refrigerant stability is a function of time spent at a given temperature. A chiller component
analysis was conducted and the following times the refrigerant spends in each component were
determined per hour of chiller run time. Specific data on the chiller component size and storage are
not contained in this paper since this data is proprietary to the manufacturer. A refrigerant molecule
spends 0.608 hours, 0.012 hours, 0.380 hours in the evaporator, compressor plus compressor
discharge and condenser temperatures per hour of operation. Now an alternate method would be to
take a conservative approach and use the maximum temperature obtained by the thermodynamic
modeling and apply it to all the refrigerant for all the hours of operation. This worst case scenario
analysis was also conducted a basis of comparison as well for this study with using the maximum
leaving condenser water temperature (LCWT).
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From the analysis of these many contributing factors – reaction kinetics, system component analysis,
and operation characteristics specific to the various climate zones – trends in refrigerant degradation
can be modeled and applied to estimate potential system impacts. More simply as expressed in Eq.
6, the total refrigerant breakdown is the summation of the breakdown in each component driven by
the temperature and time spent in each component. Fig. 7 is a summary of applying the model to
see differences in breakdown for both refrigerants when you apply the reaction rates for R123 and
R1233zd(E) against operational conditions for climate zone 0A. In addition, an analysis was
conducted based on a simplified assumption that all the refrigerant see the highest temperature,
LCWT, for all the climate cooling hours.
𝑇𝑜𝑡𝑎𝑙 𝑅𝑒𝑓𝑟𝑖𝑔𝑒𝑟𝑎𝑛𝑡 𝐵𝑟𝑒𝑎𝑘𝑑𝑜𝑤𝑛
= ∑

𝐵𝑟𝑒𝑎𝑘𝑑𝑜𝑤𝑛

𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 + 𝐸𝑣𝑎𝑝𝑜𝑟𝑎𝑡𝑜𝑟 + 𝐶𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 + 𝐶𝐷𝑇

Eq. (6)

Summarized in Fig. 6, it is evident that the breakdown of R1233zd(E) is about forty times less than
R123. R123 has been used successfully in water cooled centrifugal compressor chiller applications
over the past 30 years which would indicate that R1233zd(E) will be equally successful in these
applications. Further evaluation of the component contributions in this climate zone do not attribute
all the modeled degradation to be due to compressor discharge temperature even though it is the
highest temperature condition. Given the modeled reaction rates and the residence time in the
condenser, >90% of the total refrigerant decomposition is predicted to arise from this component.
Even when you apply the highest leaving condenser water temperature to all components at a worst
case scenario, you still only see a 4 time increase in breakdown of each refrigerant. The worst case
scenario impacts the contributions by the condenser by about two times, the evaporator by forty
times and CDT by thirty percent respectively. The increased chemical instability at worse case
conditions makes sense since the time the refrigerant spends at increasing temperatures drives the
overall reactivity.

Figure 6: Summary of R123 and R1233zd(E) Breakdown for Climate
Zone 0A by Component at Nominal Operation and Worst Case with
all Component Temperatures Fixed a Maximum LCWT.

The furthered application and validation of this tool can have additional benefits to the analysis of
system reactivity, as it can enable better understanding of the relationship (and limitation) of
accelerated sealed glass testing. As discussed in prior sections, the industry commonly uses a
sealed glass tube accelerated test point of 175°C for 2 weeks. This time and temperature was
arbitrarily chosen to accelerate system reactions to a reasonable time span. It is not an appropriate
approach for evaluating suitability of new refrigerants for use in equipment. When the theory of
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Arrhenius is used to relate this test temperature to system operations at the most aggressive climate
zone (zone 0A), the accelerating factor used is very large, and likely drives reactivity atypical to the
dynamic refrigerant system. Assessment of the system modeled using the 0A climate data indicates
an average system temperature of 20°C. In using an accelerated test at 150°C (20°C + 150°C 
170°C) above this average temperature, it can be shown using the Arrhenius theory, that the
reactivity is being driven at a rate ~32,000x (2 15) greater than the reaction rates that would be
observed at the average system temperature. This acceleration is equivalent to 1227 years of
equipment operation (14 days times 32,000 divided by 365 days per year), which is an unreasonable
acceleration factor. The authors have been using a screening test temperatures of 127°C for 7 days
as a reasonable acceleration factor for HALT sealed glass testing for water cooled chiller applications
using low pressure refrigerants. This temperature is sufficiently high and long enough to get a
reasonable amount of acceleration without driving atypical results. In using this time and temperature
methodology, the acceleration factor now is reduced to at a rate ~2050 x (211) greater than the
reaction rates that would be observed at the average system temperature. This ac celeration is
equivalent to ~40 years of equipment operation (7 days times 2050 divided by 365 days per year),
which is a more reasonable acceleration factor.
Alternatively, if you choose another system temperature more representative of the maximum
compressor discharge temperature modeled with the 0A climate data, we see average system
temperatures closer to 33°C. In relating this operational temperature to the sta ndard testing
temperature of 127°C, we now see an acceleration of the reactivity by 512 times (29), which would
relate back to 10 years of the fluid seeing this temperature constantly (7 days times 512 divided by
365 days per year). Alternatively as conducted in this analysis the maximum temperature seen in a
component can be used for the estimate of acceleration factor. Compressor discharge temperatures
are the highest temperatures seen in all vapour compression cycle. In this analysis, the highest CDT
seen is approximately~40°C and we now see an acceleration of the reactivity by 256 times (28),
which would relate back to 7 years of the fluid seeing this temperature constantly (7 days times 256
divided by 365 days per year). With these examples in mind, it becomes evident and crucial that the
researcher understands the implications of accelerated testing in choosing ap propriate test
conditions to develop accelerated test models.

3. CONCLUSIONS
The approach to refrigerant chemical stability assessments has largely remained the same for the
past sixty years since it was established in the industry through research on CFC-12 and HCFC-22.
A new numerical approach is proposed using simple thermodynamic models, equipment design
characteristics and climate zone data in combination with laboratory determined chemical reaction
rates for a specific refrigerant system for determining the appropriate accelerated temperature and
time for relation to equipment operation and life.
Ultra-low (<10) GWP, non-flammable refrigerant R1233zd(E) has emerged as replacements for
R123, R245fa and R134a in large water cooled centrifugal chillers. This new numerical chemical
stability model was applied to R1233zd(E) with using R123 chemical stability as a baseline of
comparison. R123 has shown good chemical stability and thus acceptable chiller reliability over the
30 years of it use and the model confirms that R123 would be shown to have limited chemical
instability issues over 25 years of operation. R1233zd(E) was demonstrated to have approximately
forty times better chemical stability than R123 over 25 years of chiller operation and R1233zd(E) will
provide acceptable chiller reliability.
As it is understood that the HVAC system is dynamic, with systems seeing a variety of times and
temperatures depending on poor operation from a number of issues, the authors propose using
HALT testing temperature of 127°C for 7 days as a temperature and time which could simulate
anywhere from 7 to 40 years of water cooled chiller operation depending on various assumption
without being too highly accelerated. The 127°C temperature has been used by the authors for the
past 30 years when evaluating chemical stability of materials for use in water cooled centrifugal
chillers and has been demonstrated to be a reasonable screening temperature and time. Running at
higher temperatures could drive unrealistic chemical reactions or reaction rates at nominal
operational conditions. With these examples in mind, it becomes evident and crucial that the
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researcher understands the implications of accelerated testing in choosing appropr iate test
conditions to develop accelerated test models.

NOMENCLATURE
CDT
HALT
HVACR
LCWT
OEM
PPM

compressor discharge temperature (°C)
highly accelerated life test
heating ventilation air conditioning and refrigeration
leaving condenser water temperature
original equipment manufacturer
parts per million, by weight
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ABSTRACT
The liquid-to-suction heat exchanger (LSHX) is a component added to vapor compression systems
that can increase the cooling capacity (CC) and coefficient of performance (COP), depending on the
working fluid and operating conditions. This paper evaluates its influence of when hydrofluorolefins
(HFOs) and their mixtures are used in typical R-134a operating conditions. Attending to criteria and
correlations, the LSHX improves COP for all fluids except for R-152a, presenting the alternatives
better results than R-134a. From a theoretical point of view, the LSHX improves less the COP, but
the ranking of refrigerants is the same. Then, when tested in an experimental setup with plate LSHX,
COP increases are observed but lower those predicted, and the HFO/HFC mixture R-513A is more
benefited than the greenhouse gas R-134a. According to these results, the utilization of the LSHX is
advisable with new HFO/HFC mixtures in existing or new design refrigeration installations.
Keywords: Vapor compression cycle, Internal Heat Exchanger (IHX), R134a, HFC/HFO mixtures,
drop-in replacement

1. INTRODUCTION
Fluorinated gases (F-gases) account for 2% of the European Union's greenhouse gas (GHG)
emissions, quantified in CO2-equivalent (CO2-eq.) emissions. Three groups are listed as F-gases:
hydrofluorocarbons (HFCs), perfluorocarbons and sulphur hexafluoride, being the first ones the
more important pollutants. Regulation (EU) No 517/2014 (European Commission, 2014) started to
control GHGs on 1 January 2015 in different directions: limiting the total amount that can be put in
market, restricting their use in those relevant applications (new types) which more environmentally
friendly alternatives are available, and improving their management to reduce the accidental
leakages. Consequently, according to the European Environment Agency (EEA), the overall
warming effect caused by F-gases in the EU-28 decreased by 2% (CO2-eq.) compared with 2014
levels (https://www.eea.europa.eu/highlights/eu-goal-on-phase-down), and the global GHG
emissions by 22%, compared with 1990 levels (European Environment Agency (EEA), 2018).
F-gas Regulation, for the time being, can be considered as a success regarding climate protection,
especially considering that agreed upon in the Kigali Amendment to the Montreal Protocol (HöglundIsaksson et al., 2017). Kigali Amendment is entered into force on 1st January 2019 after overcoming
the minimum number of ratifying countries required. Therefore, it is worth to mention that, in 2017,
the EU was 12% below the first HFCs put in the market limit (90% of 2011-2013 levels).
All these numbers reflect that lower global warming potential (GWP) refrigerants are entering into
the European refrigeration and air conditioning market, a presence that is becoming more relevant
in the coming years as the limit increases. HFCs replacement with environmentally friendly gases
must also lead to a better (or at least comparable) system energy efficiency. The fourth generation
of refrigerants transition is arising the interest in the improvement of vapor compression system
technology and architecture.
R-134a (1 1 1 2-tetrafluoroethane) is a non-flammable HFC with GWP100-yr (100 years’ time period)
of 1300 used in medium temperature commercial refrigeration, domestic refrigeration, chillers and
mobile air conditioning, among others. In the past, despite the clear energetic benefit caused by the
addition of a liquid-to-suction heat exchanger (LSHX), it has not been added for simplicity in some
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larger systems (Mota-Babiloni et al., 2015b), or its present as a capillary tube-suction line heat
exchanger in other smaller ones (Belman-Flores et al., 2015).
This work aims to investigate, from different perspectives, the benefit that could cause the LSHX in
R-134a lower GWP synthetic alternatives. First, the alternatives are presented, and their main
characteristics introduced. Then, the LSHX component function and possible consequences are
exposed. In the following, different correlations and approaches are used to evaluate the
convenience of the LSHX in those fluids. Next, computational simulation is performed to continue
the previous assessment. Finally, experimental data is used to validate the previously obtained
results, and that will lead to draw the main conclusions of the work.

2. R-134a LOWER GWP ALTERNATIVES
To replace R-134a, the lower GWP synthetic alternatives for R-134a has been selected from the
work of (Mota-Babiloni et al., 2017). Hence, the pure refrigerants R-152a, R-1234yf, R-1234ze and
the blends R-450A and R-513A have been included. Moreover, the recently registered mixture R516A (R-1234yf/134a/152a, 77.5/8.5/14.0 by mass percentage) is also considered for the previous
analysis. R-444A and R-445A have not been so widely studied as the other mixtures and have been
excluded from this work. For these fluids, Fig. 1 contains the temperature-pressure chart and Table
1 the main characteristics. All the thermodynamic properties, included the one presented in this
section, are calculated using REFPROP v10 (Lemmon et al., 2018).
Figure 1: Temperature-pressure chart for R-134a and its alternatives

Table 1. Main characteristics for R-134a and its alternatives

R-134a

R-152a

R-1234yf

R-1234ze

R-450A

R-513A

R-516A

ASHRAE
Safety class.

A1

A2

A2L

A2L

A1

A1

A2L

Molar mass [g
mol-1]

102.03

66.05

114.04

114.04

108.67

108.43

112.66

Pcrit [MPa]

4.06

4.52

3.38

3.63

3.82

3.65

3.51

Tcrit [ºC]
GWP100-yr
Δhvap/(cp,LTcrit)

101.06
1300
0.42

113.26
124
0.49

94.70
4
0.37

109.36
6
0.38

104.47
604
0.40

94.91
631
0.39

92.45
142
0.37

According to ASHRAE safety classification (ASHRAE, 2016), all selected alternative fluids are low
toxic, and R-450A and R-513A are the only fluids that keep the non-flame propagation classification
as R-134a, but also are the ones that present higher GWP values, and hence not applicable in
European domestic refrigerators, mobile air conditioners or multipack commercial refrigeration
systems. The rest of fluids, with GWP below 150, are at least low flammable, being the pure working
fluids and R-516A classified as 2L.
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The molar mass of alternative fluids is comparable to that of R-134a except for R-152a. Except for
R-152a, all the alternative fluids present lower critical pressure than R-134a, being the higher
deviation presented by R-1234ze. This information is completed with the temperature-pressure
chart, where it can be seen that the refrigerant that shows different behavior to R-134a is R-1234ze.
On the contrary, the most similar refrigerants to R-134a are the blends, that in fact include R-134a
in their composition.

3. LIQUID-TO-SUCTION HEAT EXCHANGER (LSHX)
The liquid-to-suction heat exchanger (also known as Internal Heat Exchanger, IHX) is an element
used to transfer heat between the subcooled liquid at the outlet of the condenser and the
superheated gas at the outlet of the evaporator (Fig. 2). As a consequence, the specific enthalpy at
the inlet of the expansion device (and at the inlet of the evaporator) is reduced, increasing the
refrigerating effect (evaporator enthalpy increase). However, the compressor suctions the refrigerant
at a higher temperature and lower pressure. Considering the same compressor operation
(frequency, geometric volume and revolutions), it results in a lower mass flow rate given the lower
suction density and higher specific compression work due to the higher compression ratio.

Figure 2: LSHX vapor compression cycle schematic representation and Ph diagram

The energy performance of a vapor compression system is quantified by the coefficient of
performance (COP). In cold applications, the COP is defined as shown in Eq. (1). If the
electromechanical efficiency is not considered, the COP can be calculated following Eq. (2).
Therefore, when the LSHX is used, both parameters that affect the COP are increased and the
relative difference compared to a cycle without it will depend on the magnitude of the variation of
both enthalpy differences.
𝑄̇
𝐶𝑂𝑃 = '()*. ̇
Eq. (1)
𝑃+,-*
𝐶𝑂𝑃 =

∆ℎ'()*
.∆ℎ
+,-*

Eq. (2)

It is worth to mention that besides the possible energetic benefits, the LSHX can help to prevent
flash gas at the inlet of the expansion valve or compressor flooding. Besides, the LSHX effectiveness
and hence the gas LSHX superheating must be controlled to avoid excessive compressor discharge
gas temperatures that can worsen the lubricating properties of the oil.

4. CRITERIA AND CORRELATIONS FOR LSHX
Many works have been published to define the energetic benefit provided by the LSHX without
computational simulations of the cycle or experimental measurements.
The first approach, provided by Domanski et al. (1994), predicted that the benefit of the LSHX
depends on heat capacity, latent heat, and coefficient of thermal expansion (Eq. 3), and concluded
that this element would have more considerable influence on those fluids with lower energy
performance in the basic cycle.
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Aprea et al. (1999) simplified the expression to determine the energetic advantage of introducing
LSHX, Eq. (4). Eq. (3) and (4) has been applied to the selected refrigerants and show benefit for all
of them.
Eq. (4)

𝑐*,PQ+RS,T 𝑇PQ+RS,T > <ℎPQ+RS,T − ℎWSXQSY C

Klein et al. (2000) followed the Domanski et al. (1994) statements to study the cooling capacity
enhancement (Eq. 5) and extend the conclusions to the COP. They highlighted that LSHX benefits
at low values of D (calculated as Δhvap/(cp,LTcrit)) and at high-temperature lifts (L). The first parameter
has been presented in Table 1 for the selected refrigerants, and is seen as the most promising
refrigerants are the R-1234yf, R-1234ze and R-516A.
𝑅𝐶𝐼] = −3.0468 + 19.3484𝐷 − 19.091𝐷h + 1.2094𝐿 + 0.02101𝐿h − 5.9980𝐷𝐿 − 0.02797𝐷𝐿h +
𝜀
5.52865𝐷h 𝐿
Eq. (5)
Klein et al. (2000) also provided correlations to study the cooling capacity or COP deterioration
caused by LSHX additional pressure losses. Eq. (6) can correct Eq. (5) results, being only dependent
on the temperature lift and the pressure drop proportional to the evaporating pressure.
mno
mno@? 9q7HHIq7 r?HH7H

= 1 − (2.37 − 0.0471𝐿 + 3.01 · 10;t 𝐿h ) u

∆oDvwx
o7:B9

y

Eq. (6)

Ziegler (2010) developed a dimensionless pseudo-Stefan-number to establish the condition of
positive COP variation. Considering also negligible pressure losses at the LSHX, Eq. (7) is obtained.
Through this criterion, all refrigerants depict energetic benefit from the LSHX.
+9,: =HI>JK?@
∆2

=1−

+9,D z

Eq. (7)

∆2

Finally, Hermes (2013) developed expressions at constant working pressures or cooling capacity. In
the first case, the criterion used is shown in Eq. (8) to (11).
mno𝐿𝑆𝐻𝑋
mno~KJ•?IJ 𝐿𝑆𝐻𝑋

≈

1•𝜀𝐿𝑆𝐻𝑋 mq

‚
ƒ6‚

1•𝜀𝐿𝑆𝐻𝑋 „

Eq. (8)

𝜑 = 𝑐*,z <𝑇+,TY − 𝑇'()* C⁄ℎz†

Eq. (9)

𝜃 = 𝛽<𝑇+,TY − 𝑇'()* C

Eq. (10)

1

‹(

𝛽 = ‰(Š ‰‹=Š

*

Eq. (11)

The results obtained with Hermes and Klein et al.’s criteria are presented in Fig. 3. Note that the
cooling capacity improvement formula can be used for COP if no variation of power consumption is
assumed. It can be seen as the benefit predicted by Hermes is higher than that of Klein et al.’s for
all refrigerants except for R-1234ze. As expected, the COP improvement increases with the
temperature lift for both criteria and follows that suggested by the Δhvap/(cp,LTcrit) ratio. The only
refrigerant which deteriorates COP with LSHX is R-152a (contrary to that predicted by Domanski et
al. and Aprea et al. criteria), and the refrigerant with the lower increase is R-134a followed by R450A. Hence, it can be seen as the presence of R-1234yf in the mixture helps to increase the COP
with LSHX, in comparison with R-1234ze as a former component.
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Figure 3: COP improvement using Klein et al.’s and Hermes criteria

A more in-depth analysis of the development, results, assumptions and other characteristics of the
mentioned correlations or the parameters used in them can be found in each reference or in papers
that use some of them as (Mota-Babiloni et al., 2019; Navarro-Esbrí et al., 2013).

5. THEORETICAL EFFECTS OF LSHX
Mastrullo et al. (2007) carried out a thermodynamic analysis to confirm the benefit of the LSHX in
different refrigerants and operating conditions. They agree with (Klein et al., 2000) concluding that
the SLHX has the same effect on the COP and the volumetric refrigerating capacity. This work also
includes a computational simulation of the COP for the selected refrigerants. The results at a
condensing temperature of 32.5 °C and evaporating temperature of -15 and -5°C, volumetric and
isentropic efficiency of 0.8, superheating and subcooling degree of 10 and 2 K, and LSHX
effectiveness of 0.8 are presented in Fig. 4.

Figure 4: Theoretical COP improvement

Criteria overpredict (almost the double) the benefit of the LSHX, but they agree with the ranking of
LSHX benefit and also with the COP deterioration shown by R-152a.

6. EXPERIMENTAL VALIDATION WITH R-513A
Finally, a set of experimental tests are carried out to validate the positive theoretical values obtained
with R-134a and its lower GWP alternative, R-513A. The test methodology, experimental setup and
analysis of results can be found in (Mota-Babiloni et al., 2019). Additional experimental results with
LSHX using R-1234yf, R-1234ze and R-450A can be found in (Devecioğlu and Oruç, 2018; Mota-
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Babiloni et al., 2015a; Navarro-Esbrí et al., 2013). The COP experimental results for similar
conditions than theoretical analysis are shown in Fig. 5.

Figure 5: COP results with (ON) and without (OFF) LSHX

Fig. 5 experimentally confirms the great benefit provided by the LSHX to R-134a and R-513A
refrigerants, as expected by the correlations, criteria, and theoretical simulation. The COP benefit is
more visible at the lower evaporating temperature, in which the heat exchanged in the LSHX is higher
(higher temperature difference between gas and liquid lines). R-513A is more benefited by the LSHX,
as suggested by the Δhvap/(cp,LTcrit) term.

7. CONCLUSIONS
Refrigeration and air conditioning industry is living today a period of transition from HFCs to more
environmentally friendly (lower GWP) refrigerants. The addition of the LSHX offers the possibility to
increase the energy performance of vapor compression systems. This work studies the energy
performance benefit of including this element in several synthetic refrigerants developed to replace
R-134a. The selected alternatives are R-152a, R-1234yf, R-1234ze, R-450A, R-513A and R-516A,
which presents similar thermodynamic properties to R-134a and different GWP and flammability
characteristics.
The Δhvap/(cp,LTcrit) term can help to quickly determine which alternative refrigerant is going to be
more benefited from the introduction of the SLHX. Domanski et al. and Aprea et al. criteria do not
predict that R-152a can have worse COP with this element, as the quantitative criteria of Klein et al.
and Hermes does. In the same way, Klein et al. and Hermes criteria and theoretical simulation follow
the ranking of the Δhvap/(cp,LTcrit) but they have significant differences in the improvement.
Experimental results of R-513A and R-134a agrees with the COP benefit, but it is lower than
predicted by the criteria.
All the alternative synthetic refrigerants show better COP improvement with LSHX than R-134a, and
hence it is recommended to introduce (or maintain) this element in a retrofit replacement. Further
experimental studies are required to confirm the negative variation of R-134a, and confirm the
positive values of R-516A, a promising low-flammability low GWP mixture.
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NOMENCLATURE

crit

coefficient of performance (-)
cond
liquid phase isobaric specific heat
𝑐*,(
(kJ kg-1 K-1)
critical point
evap

GHG

greenhouse gas emissions

GWP100-yr

ℎ

specific enthalpy (kJ kg-1)
hydrofluoroolefin
liquid-to-suction heat exchanger
power consumption (kW)
temperature (K)
latent heat of vaporization (kJ kg-1)
Pressure drop (kPa)
Parameters used in LSHX criteria

HFC
L
P
𝑄̇
𝑣
∆ℎ+,-*
ε
′

COP
𝑐*,z

HFO
LSHX
̇
𝑃+,-*
T
∆ℎ()*
∆P
𝛽, 𝜃, 𝜑, 𝐷

condenser
vapor phase isobaric specific heat
(kJ kg-1 K-1)
evaporating, evaporation
global warming potential on a 100year basis
hydrofluorocarbon
temperature lift (-)
pressure (MPa)
heat transfer (kW)
specific volume (m3 kg-1)
specific compressor work (kJ kg-1)
Heat exchanger effectiveness (-)
LSHX activated
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ABSTRACT
By recent interest in overcoming the heat transfer limitations of phase change materials (PCMs),
thermal energy storage process that enhanced by embedded heat pipes has received much attention.
Due to coupling with heat pipes, the phase change process of PCMs can be indicated or controlled
by the operating conditions of heat pipes. In the present paper, a vacuum insulated cold thermal
energy storage panel that embedded with heat pipes and PCMs are investigated experimentally.
The evaporator section of heat pipes is exposed in air. By applying different air speed and air
temperature, melting process of PCM and air temperature difference through the evaporator section
of heat pipes are analysed, so as to help to indicate the amount of cold thermal energy in the panel
in real time. The study also provides a framework for designing of portable cold thermal energy
storage device with controllable energy supply.
Keywords: phase change material, heat pipe, melting behaviour, cold thermal energy storage.

1. INTRODUCTION
Refrigeration is one of the intensive energy consuming technologies. Cold thermal energy storage
(CTES) is an energy saving technology that can be effectively combined with different types of
renewable energy and can mitigate the problem of instability or mismatch of cold energy supply (Li
et al., 2012). This fact make it has always been attracted interest in refrigeration applications such
as process cooling, cold chain (Oró et al., 2014) and air conditioning (Qureshi et al., 2011). Generally,
there are three thermal energy storage methods: sensible storage, latent storage and thermalchemical storage (Veerakumar and Sreekumar, 2016). In CTES, latent storage is widely used for its
high thermal energy storage density and easily available for applications.
Many researches have studied latent CTES by using PCMs in refrigeration, of which a significant
number are aimed at climate-control of refrigerated area. Azzouz et al. (2009) present the
experimental results of using a PCM on a household refrigerator, which shows a great improvement
of COP. Ahmed et al. (2010) reconstruct the insulation of a refrigerated truck trailer by inclusion of
PCMs. A notable reduction in total heat transfer and a more stable indoor temperature is achieved.
Nagano et al. (2006) propose a floor supply air conditioning system with PCM packed bed.
Experimental results show an increased indoor temperature stabilization. The abovementioned
review indicates that CTES has great potential on stable control and energy consumption reduction
of refrigeration systems. However, there are also some inevitable problems in applications of CTES:
(1) Poor thermal conductivity of PCMs which seriously affects the heat transfer efficiency; (2) For the
effect of problem (1), the transient response of CTES is slow that can lead to mismatch of CTES and
the coupled/original refrigeration systems.
In consideration of poor thermal conductivity, many researches on heat transfer enhancement by
extended heat transfer surfaces have been carried out. Metal fins (Sciacovelli et al., 2015; Rathod
and Banerjee, 2015), heat pipes (Nithyanandam and Pitchumani, 2011; Sharifi et al., 2012) and
coupled both (Allen et al., 2015) are utilized in the researches. Overall, the embedded extended
surfaces methods achieve much higher melting rates with respect to a non-enhanced system.
For the mismatch problem, heat transfer between the CTES and the refrigerated area is mainly by
natural convection and radiation with a low air-side heat transfer coefficient (Laguerre et al., 2018).
Embedding heat pipes and fins in the CTES is an efficient and cheap solution, which results in an
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enhancement/controllable of the global heat transfer at the CETS to realize a quick response to cold
thermal energy demand. Meanwhile, melting process that coupling with heat pipes can help indicate
the capacity of latent cold thermal energy due to the exported heat transfer process by heat pipes.
From abovementioned reasons, in this study, experiments on melting behaviour of a phase change
material with embedded heat pipes in a cold thermal energy storage panel is investigated. The
outside surface of the panel is vacuum insulated to investigate melting process driven only by heat
pipes. The evaporator section of heat pipes is exposed in air. By applying different air speed and
input air temperature on the evaporator section, melting process of the PCM and cold thermal energy
supply performance of the panel are analysed. The objective is to provide detailed information
(temperature distribution, melting process histories and photographic observations) during melting
for cold thermal energy supply of cold storage panels embedded with heat pipes.

2. EXPERIMENTAL SET UP AND PROCEDURES
A layout of the experimental apparatus is shown in Fig. 1.
Environmental
cabinet

Inlet of sensors cables
Sealing bolt
Cold storage panel

Vacuum
cabinet

PCM

Heat pipe

Vacuum
suction
inlet

Temperature
probe

Fins

Frequency
conversion
fan

Air duct

Air flowrate probe

Temperature probe

Figure 1: Schematic of experimental apparatus

The PCM (distilled water) is contained in a rectangular panel (160 mm inner height, 180 mm inner
length, 80 mm inner width, 20 mm wall thickness) and is subject to heat transfer from six coppermethanol heat pipes (12.7 mm outer diameter). The panel is placed in a vacuum cabinet and wellsealed by sealing bolts to reduce the effect on melting process from surface heat transfer of the
panel. The evaporation sections of heat pipes are equipped with fins and heated by airflow through
the air duct under the vacuum cabinet. A frequency conversion fan is installed at the end of air duct
to regulate air flowrate. To investigate the effect of heat transfer through heat pipes, the temperature
of PCM, air inlet, air outlet and evaporation section of heat pipes as well as air speed through air
duct are monitored and measured. Meanwhile, photographic observations on PCM by using a
camera are also applied during melting process.
The melting experiments of PCM are carried out as followed procedures: (1) Open the door of
vacuum cabinet and set up the temperature of environmental cabinet as – 30 oC. It takes 12 hours
until the distilled water frozen into ice and the temperature that measured by sensors in the panel
are all below – 2 oC. (2) Close the door of vacuum cabinet and turn on vacuum pump. (3) Before
turning on the frequency conversion fan, set up temperature of environmental cabinet as required
and maintain all the measured parameters are stable. (4) Turn on the regulated power supply of
frequency conversion fan as required voltage. (5) Measuring data and taking photos. The specific
experimental conditions are listed in Table 1.
No.

Inlet
temperature
(oC)

Table 1. Specific experimental conditions

Average
air velocity
(m×s-1)

Initial average
temperature in
panel (oC)

Final average
temperature in
panel (oC)
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1
2
3
4
5
6

30
50

3.0
3.5
4.0
3.0
3.5
4.0

-2.9
-3.4
-4.2
-9.5
-16.3
-3.2

10.0
8.3
12.1
17.9
18.7
16.4

0.98
0.98
0.98
0.98
0.98
1.25

3. RESULTS AND DISCUSSIONS
3.1.

Photographic observations

The influence of melting process that driven by heat pipes is investigated photographically in this
section. Each photograph is taken from the front side view as indicated in Fig. 1. It should be noted
that the black-and-white photographs are conversely processed so as to the liquid-solid interface is
easily discernible. Therefore, liquid in most of photos appears white and solid appears black.
Photographs during melting for the (a) Tinlet = 50 oC, ū = 3.0 m×s-1 at t = 0 min, t = 60 min, t = 120
min and t = 180 min are shown in Fig. 2 (a). At first, melting liquid near heat pipes is blocked by the
front surface of solid that can not be seen. Then by the effect of sequential locations of heat pipes,
a larger degree of heat transfer on the left side that close to air inlet results in a larger mass of melting
liquid (see Fig. 2 (a) with t = 60 min). After that, for the reason of volume shrinkage of melting liquid,
there is a little mass of solid stayed on the top of the panel, which is prevented from falling by inner
surface of the panel. At last, all solid became melting liquid.

Figure 2: Photographs during melting with heat pipes for the (a) Tinet = 50 oC, ū = 3.0 m×s-1; (b) Tinlet =
30 oC, ū = 4.0 m×s-1

Photographs during melting for the (b) Tinlet = 30 oC, ū = 4.0 m×s-1 at t = 0 min, t = 60 min, t = 120
min and t = 180 min show a similar melt pattern. For the symmetry layout of heat pipes, the solid
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face appears symmetry forward and backward. It can also be seen that with lower air inlet
temperature in 20 oC, melting process almost delay over 1 hour.
3.2.

Cold thermal energy supply performance of the panel

Inlet and outlet air temperatures and airflows are measured during melting in different conditions as
shown in Table 1. Fig. 3 shows variations of outlet air temperature. There are two main subdivisions:
(1) a quick response and sharp rise of outlet air temperature in the first few minutes; (2) relatively
stable temperature rises until the melting finish. This fact reveals a noticeable variation of heat
transfer degree. This is caused by heat transfer condition variation of PCM, which is in a higher
degree of heat transfer for the not enlarged melting liquid area in the first period of time.
Tinlet (oC)

30

50

ū = 3.0 m3 s-1

■

□

ū = 3.5 m3 s-1

●

○

4.0 m3 s-1

▲

△

ū=

Figure 3: Outlet air temperatures at different inlet air temperatures and airflows

For the reason that the outside surface of the panel is vacuum insulated, heat that received from
outside surface is ignored. Therefore, the transient cold thermal energy supply capacity of this panel
is equal to the quantity of energy transferred to air divided by time interval, which can be calculated
as follows (Stritih and Butala, 2010):
n

Q(t ) =  mC p (Tinlet − Toutlet )

Eq. (1)

i =1

Tinlet (oC)
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□
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○
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▲
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ū=

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

707

Figure 4: Transient cooling capacity of the panel during melting

Fig. 4 shows the transient cooling capacity of the panel in different experimental conditions. It is a
nonlinear cold thermal energy supply that overall affected by inlet air temperature and inlet airflow
rates, which decrease with the reduction of the two effectors. The average cooling capacity is at a
certain range between 20 W ~ 50 W in the experiments.

4. CONCLUSIONS
This study aims to investigate the melting behaviour of a PCM that only driven by heat transfer from
embedded heat pipes. Due to vacuum insulation of outside surface of the panel, melting behaviour
of water is revealed and connected by the evaporation section of heat pipes. Different inlet air speeds
and air temperatures are provided to the evaporation section and their corresponding effect on
melting process is measured. The measurement data of outlet air temperature shows a noticeable
variation of heat transfer degree at the not enlarged melting liquid area in the first period of time. The
exerted airflow on the evaporation section of heat pipes results on a nonlinear cold thermal energy
supply capacity from 20 W ~ 50 W along with variation of air speed and air temperature. The
experiments conducted and analysed do not correspond to optimized conditions. Further
investigations of liquid fraction histories, different kinds of PCMs and incorporation in CTES systems
are necessary to applications in different scenarios. The observed phenomena and measured values
can be used to guide model development for purposes of simulating the melting processes coupled
with heat pipes and design of portable cold thermal energy storage devices.
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NOMENCLATURE
Cp
Q
ū

specific heat capacity (kJ×kg-1×oC-1)
cooling capacity (W)
average air velocity (m×s-1)

m
T

mass (kg)
temperature (oC)
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ABSTRACT
The use of high power density microelectronic devices has led to increased heat flux in electronic
chips. Mostly fluids are employed as heat exchanging media in such devices. In the present
study, investigations on temperature dependent thermal conductivity of ethylene glycol-water
mixture based nanofluids have been carried out. Ethylene glycol and water mixture in the ratio of
30:70 by volume has been used as a base fluid with nanoparticles of Al2O3 and TiO2 with varying
concentration varying from 0.25% to 1% by volume. The thermal conductivity of the nanofluids is
measured by transient hot wire method in the temperature range of 20°C to 50°C. The experimental
results have been compared with the theoretical models to indicate the ability of the models to predict
the thermal conductivity and discrepancies were indicated. The maximum increment of 16.07% in
the thermal conductivity was observed for 1% Al2O3 Nano fluid at 50°C, while the minimum of 0.61%,
at 20°C was observed for 0.25% TiO2.
Key words: Ethylene glycol, EGW, Nanoparticles, Nano fluid, Thermal conductivity, Transient hotwire method.

1. INTRODUCTION
The modern technology has resulted in high power density and ultraspeed microelectronic devices,
increasing the heat generated per unit surface area of the electronic chips. Heat transfer rates in
variety of applications such as industrial cooling, nuclear reactors, transportation and MEMS have
increased drastically in the recent times. Most of the times fluids are employed as heat exchanging
media in several equipment, automobiles and heat exchangers. Thermal conductivity of these fluids
affects the heat transfer rate and efficiency. Inherent lower thermal conductivity of conventional heat
transfer fluids such as water, ethylene glycol and engine oil, is limiting heat transfer efficiency. Thus
there is a demand for new heat exchanging fluids with greater thermal conductivity and improved
heat transport characteristics. In response to the needs for more efficacious heat transfer systems,
researchers and engineers have adopted various heat transfer augmentation methods since the
mid-1950s. Thermal conductivity of solids is much higher than liquids. Maxwell (1881) proposed that
solid metallic particles of millimeter size, can be dispersed into industrial heat transfer fluids to device
new fluids. However coarse particles due to their larger grain size are more susceptible to settling,
offer resistance to the flow and cause abrasion on ducts surface. The advancements in
nanotechnology open the doors to process and produce powders with average particle sizes of
nanometer order. This has helped in applying the Maxwell proposal to enhance the properties of
heat exchange media. Due to the very small sizes of the suspended particles nanoparticle fluid
mixture could be suitable as heat transfer fluid in many existing heat transfer equipment. Choi et al.
(1995) coined the word nanofluids for homogeneous dilute suspension of nanophase particles in
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liquids. Nanofluids are the next generation heat transfer fluids and offer enhanced heat transfer
performance compared to conventional fluids. This has led to exhaustive research in the area of
nanofluids, to understand the mechanisms and parameters affecting the enhancement.
Many researchers have conducted experimental investigations on thermal conductivity of various
nanofluids. Masuda et al.(1993) measured the thermal conductivity of Al2O3 (13 nm), SiO2 (12 nm),
and TiO2 (27 nm) water nanofluids. Linear increment of thermal conductivity was observed with
volumetric concentration of nanoparticles. An enhancement of 32.4% was observed in the thermal
conductivity for 4.3 volume% Al2O3/water nanofluid at 31.85° C. Choi et al.(1995) coined the term
nanofluids. He theoretically investigated the feasibility and potential of the nanofluids concept.
Hamilton et al.(1962) model was employed to explain the effect of shape and concentration of
nanoparticles on the enhancement of thermal conductivity of Cu/water nanofluids. Lee et al.(1989)
measured the thermal conductivity of EG and water nanofluids at room temperature, with Al 2O3 and
CuO nanoparticles. The study revealed the linear relationship between thermal conductivity and
concentration. Hamilton-Crosser model was in agreement with measured thermal conductivity with
spherical particle assumption. The author found more than 20% of augmentation in thermal
conductivity for 4% volume concentration. Wang et al.(1999) investigated the thermal conductivity
performance of nanofluids with Al2O3 (28 nm) and CuO (23 nm) nanoparticles by employing steady
state parallel plate technique. For 8% volume Al 2O3/water nanofluid, thermal conductivity
enhancement of 40% was achieved. Murshed et al.(2005) studied the effect of shape on thermal
conductivity of TiO2/deionized water nanofluid with rod and spherical shaped particles at room
temperature. A nonlinear relationship was observed between thermal conductivity ratio and particle
volume fraction, especially at low volume fractions. An increment of 33% and 30% at 5% volume
was observed for rod and spherical shaped particles respectively Chopkar et al.(2008) dispersed
Al2Cu (30nm) and Ag2Al (20nm) nanoparticles into water and ethylene glycol with 1% volume oleic
acid as the surfactant. According to the authors, the thermal conductivity of nanoparticles have
significant effect on effective thermal conductivity. Effect of particle material is much more
pronounced when carbon nanotubes were used for the preparation of nanofluids. Choi et al. (2001)
studied the thermal conductivity of MWCNT/synthetic poly (α-olefin) oil based nanofluids at room
temperature. 160% enhancement (a thermal conductivity ratio of 2.6) was observed for 1% volume
MWCNT/oil nanofluid. The authors noted that such an anomalous enhancement might be due to the
liquid nanolayers forming around the nanotubes. Eastman et al. (2001) prepared Cu (10 nm)/EG
nanofluids by using a one-step production method. Thioglycolic acid less than 1% volume was
added to some of the samples for stabilizing purposes and those samples showed much better
enhancement when compared to samples without thioglycolic acid. A 40% increase in thermal
conductivity was observed at a particle volume fraction of 0.3% (with thioglycolic acid). Mintsa et al.
(2009) studied the effect of nanoparticle size on the thermal conductivity of Al 2O3 (36 and 47
nm)/water nanofluids, with 0% < 𝜙 <18% and temperature between 20° C and 50°C. It was observed
that the thermal conductivity enhancements were nearly the same for the two different particle sizes
of Al2O3 nanoparticles at room temperature. However, at higher temperatures Al 2O3/water nanofluid
with smaller particles showed higher enhancement. Xie et al.(2002) investigated the shape effect on
thermal conductivity with spherical (26 nm) particles and cylindrical (600 nm) particles. It was found
that 4.2% volume water-based nanofluid with spherical particles had a thermal conductivity
enhancement of 15.8%, whereas 4% volume nanofluid with cylindrical particles had a thermal
conductivity enhancement of 22.9%. Das et al.(2003) studied the temperature dependency of the
thermal conductivity of Al2O3 (38.4 nm)/water and CuO (28.6 nm)/water nanofluids in the range of
21°C to 51°C. It was found that thermal conductivity enhancement increased from 2% at 21°C to
10.8% at 51°C for 1% volume Al2O3/water nanofluid. Temperature dependence of 4% volume Al 2O3
nanofluid was much more significant. From 20°C to 50°C, enhancement increased from 9.4 to
24.3%. A linear relationship between thermal conductivity ratio and temperature was observed for
all the concentrations.
Despite the extensive research in this field, there are differences in experimental investigations and
the estimated values of thermal conductivity. Most of the literature is concentrated on single base
fluid and higher concentrated EGW mixtures. No data was available in the literature for 30:70 EGW
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nanofluids. This motivates the present study to measure the thermal conductivity of 30:70 EGW
nanofluids.

2. NANOFLUID PREPARATION
In the present study the nanofluids were prepared by two step method. This method had extensively
used in the literature by various authors Duangthongsuk et. al.(2009), Sundar et al.(2010),
Peyghambarzadeh et al.(2011), Abbasian et al.(2012), Chougule et al.(2014) etc and found it
commercially viable. The Al2O3 (40-60nm) and TiO2 (40-50 nm) nanoparticles were procured . The
predetermined weight of nanoparticles corresponding to 0.25% to 1.00% volume concentration were
dispersed into the 30:70 EGW basefluid. In this study Cetyle Trimethyl Ammonium Bromide (CTAB)
used as a surfactant for stabilized and uniform dispersion of the nanoparticles. Initially the particles
were dispersed by using magnetic stirring for 3 hrs. and followed by ultrasonication for 2 hrs.

3. TRANSIENT HOT WIRE METHOD PRINCIPLE
In the present study, KD2 Pro thermal property analyzer was used to determine the thermal
conductivity of the nanofluids. It works on a modified transient hot-wire method [20]. Transient hotwire method is very fast relative to steady-state techniques. In hot-wire method, a wire serving as
heater and thermometer was suspended symmetrically in a liquid in a vertical cylindrical container.
The modified method uses a platinum wire coated with a thin electrical insulation layer to measure
the thermal conductivity of electrically conducting liquids. This method employs the assumption of
infinite line source of heat in an infinite medium. The method is called transient because the power
is applied abruptly and briefly. The solution to the Fourier's law equation for this case results in the
linear relationship between ∆T and ln 𝑡. So by applying the known power (q) and obtaining the slope
of ∆T versus ln 𝑡 between times t1 and t2 one can calculate thermal conductivity from eq. (1) given
as

𝑘=

𝑞
𝑡2
𝑙𝑛
4𝜋(𝑇2 − 𝑇2 ) 𝑡1

Eq.(1)

where T2-T1 (∆T) is the temperature rise of the wire between times t1 and t2.

4. EXPERIMENTAL SETUP & PROCEDURE
Fig. 1 shows the schematic representation of the experimental setup. The setup is having KD2 Pro
thermal property analyzer to measure the thermal conductivity and a temperature controlled water
bath to maintain the constant temperature of the nanofluid to carry out the thermal conductivity
measurements at various temperatures. The procedure followed was, nanofluid sample of 30 ml
had taken in the small test tube and it is kept in the water bath. The required temperature in the
water bath was set by using the controllers on the water bath. Once the nanofluid reaches the set
temperature then the KD2 Pro KS-1 sensor was inserted into the fluid and measurements were
taken for the thermal conductivity. The same procedure is repeated for different volume
concentrations from 0.25% to 1%, over the temperature range of 20°C to 50°C.
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Figure 1: Schematics of experimental setup

5. RESULTS AND DISCUSSIONS

5.1 Stability of the nanofluids
Once the nanofluids were prepared all the samples were kept stable to assess the sedimentation
stability of the nanoparticles in the basefluid. It was observed that Al 2O3 nanofluids were found to be
stable for more than 2 days and TiO2 nanofluids were stable for 6 hrs. After which, visible
sedimentation was observed.
5.2 Calibration of the Setup
The KD2 Pro device is calibrated by comparing the measured thermal conductivity of the three
different fluids such as glycerin, water and the basefluid (30:70 EGW) considered in the present
study. The thermal conductivities of glycerin and water were measured at 20oC and 25oC and
compared with the values presented in ASHRAE (2017) handbook. The measurements for ethylene
glycol water (EGW) mixture were carried out in the temperature range of 20oC to 50oC and compared
with the values available in the ASHRAE (2017) handbook and good accuracy was observed
between the measured values and the values from the data book. The error in the measurements
was limited to ±5%. This confirms the feasibility of the device to measure the thermal conductivity of
nanofluids.
5.3 Comparison of measured thermal conductivity with theoretical models
In the last century, thermal conductivity studies for the composite materials have seen great growth.
Many researchers worked on estimating the thermal conductivities for the two phase mixtures.
Various models were developed by the researchers to estimate the effective thermal conductivity of
the composite materials and multiphase systems by considering the parameters such as thermal
conductivity of the liquid phase and solid phase and volume concentrations of the solid phase. The
earliest correlation that was known was Maxwell equation. Maxwell (1881) considered the solidliquid mixtures consisting of spherical particles of the millimeter sized particles in developing the
relation but the size effect was not considered in the correlation developed. The Maxwell correlation
as given below was extensively used to estimate the thermal conductivity of the nanofluids.
𝑘𝑒𝑓𝑓
𝑘𝑝 + 2𝑘𝑏𝑓 − 2𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )
=
𝑘𝑝
𝑘𝑝 + 2𝑘𝑏𝑓 + 𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )
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Hamilton et.al. (1962) conducted the experimental studies to determine the effective thermal
conductivity of the heterogeneous two-component systems and theoretically developed a correlation
to find the effective thermal conductivity.
𝑘𝑒𝑓𝑓
𝑘𝑝 + (𝑛 − 1)𝑘𝑏𝑓 − (𝑛 − 1)𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )
=
𝑘𝑝
𝑘𝑝 + (𝑛 − 1)𝑘𝑏𝑓 + 𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )

Eq.(3)

Where n is shape factor given by 𝑛 = 3⁄𝜆 and λ is the particles sphericity defined as the surface
area of the spherical particle (with the same volume of actual particle) to surface area of the actual
particle. For spherical particles Maxwell relation Eq. (2) and Hamilton-Crosser relation Eq. (3) are
same.
Yu and Choi [22] presented a model for the determination of the effective thermal conductivity of
nanofluids by modifying the Maxwell model Eq. (1). In the modification, the effect of the liquid
nanolayers formed around nanoparticles was taken into account. The nanoparticle and the layer
around it were considered as a single particle and the thermal conductivity of this particle was
determined by using effective medium theory.
𝑘𝑒𝑓𝑓
𝑘𝑝 + 2𝑘𝑏𝑓 − 2𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )(1 − 𝛽)3
=
𝑘𝑝
𝑘𝑝 + 2𝑘𝑏𝑓 + 𝜙(𝑘𝑏𝑓 − 𝑘𝑝 )(1 − 𝛽)3

Eq.(4)

0.475

Experimental -Al₂O₃, 25°C
Maxwell & H-C Model(Spherical)
Yu-Choi Model

0.470
0.465
0.460
0.455
0.450
0.25

0.50
0.75
Volume Concentration (%)

1.00

Thermal Conductivity (W/m∙K)

Thermal Conductivity (W/m∙K)

The measured thermal conductivity data have been compared with the most used correlations
available in literature Eq. (1), Eq. (2) and Eq. (3). Comparison was made between the measured
thermal conductivity nanofluids and values estimated from the three theoretical models. Present
experimental studies evident that the thermal conductivity increases almost linearly with volume
concentration. The current study also reveals that the thermal conductivity of nanofluids if a function
of the conductivities of both the particles and base fluids. Fig. 2(a) and Fig. 2(b) show the comparison
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Figure 2: Concentration based comparison of measured Thermal conductivity with theroritical
models for (a) Al2O3 (b) TiO2

between measured thermal conductivity values and the corresponding values estimated from the
correlations for Al2O3 and TiO2 nanofluids respectively. From the graphs it can be observed that
there is no good agreement between the measured and estimated thermal conductivity, which
indicates the disability of the models and their inefficiency in estimating the thermal conductivity.
The measured thermal conductivity values of significantly higher than the predicted values. This is
possible because the effect of the microconvection, Brownian motion and effect of interfacial layers
at particle-fluid surfaces. These parameters are significant in enhancing the thermal conductivity of
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nanofluids and these combined effects were not accounted in the correlations, which making them
inefficient.
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Figure 3: Temperature based comparison of measured Thermal conductivity with theoretical Models for
(a) Al2O3 (b) TiO2
Initial measurements were made at the room temperature and the experiments were extended till
50°C. The measured thermal conductivities of nanofluids were compared (Fig.3) with the
correlations available. At the room temperature conditions the measured values are in good
agreement with the predicted values. As the temperature increases the deviation is observed in
measured and predicted values, measured values being larger than the latter. This gives an insight
that the temperature plays a dominant role in enhancing the thermal conductivity. There will be a
threshold temperature till which the models can predict the values accurately and beyond this they
were inefficient. The stochastic motion of the nanoparticles can be seen as the mechanism of
enhancement. This random movement is Brownian motion which is highly dependent on the
temperature of the fluid. At higher temperatures the Brownian motion quite large leading to the
greater increment in the conductivity. The effect of Brownian motion is not consider in the
correlations which makes them unable to predict the thermal conductivity accurately at higher
temperatures. The comparison for 1% Al2O3 and 1% TiO2 nanofluid was shown in the Fig 3. It can
be observed that the same trend is followed for both the nanofluids. From the graph it is concluded
that, the correlations are underpredicting the thermal conductivities at the higher temperatures.
5.4 Effect of Concentration and Temperature on Thermal Conductivity
The Fig. 4 shows thermal conductivity data of the different nanofluids as a function of the percentage
volume concentration of nanoparticles in the temperature range of 20°C to 50°C. The increment in
the thermal conductivity of the nanofluids as the increase in the concentration can be observed from
graph. The quantitative increment in the thermal conductivity is marginal for lower concentrations
but significant increment can be found at higher concentrations. The investigations revealed that the
increase in the concentration, increases the thermal conductivity of the nanofluid. The variation is
linear in nature. As the concentration increases no of particles will be more and their collisions
strengthen the microconvection and increment in the thermal conductivity. The enhancement is also
dependent on the surface area of particles, the increased no. of particles results in higher surface
area. The more the number of particles the effective solid phase conductivity is more. The interface
layer of liquid medium also behaves as the solid with increased conductivity than the liquid phase.
This is the mechanism to augment the conductivity as the concentration increased. This can’t be
taken as granted, as the higher concentration beyond a certain limit, nanoparticles will agglomerate,
leading to negative effect. The lowest increment of 0.83% and 0.61% at ɸ=0.25% while the highest
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increment of 16.07% and 12.59% was observed at ɸ=1% concentration, for Al2O3 and TiO2
nanofluids respectively.
The variation of the thermal conductivity with respect to the temperature can also be visualized from
the Fig. 4. This variation of the thermal conductivity with temperature is linear and it deviates from
the linearity as the temperature increases. The deviation from the linearity can be attributed to the
increased Brownian motion, microconvection and collision of particles at higher temperatures and
the basefluid thermal conductivity is also a function of the temperature. The effect of the temperature
is more prominent as it goes higher and higher. The increment in thermal conductivity at the lower
temperature is low, but as the temperature increases the increment in thermal conductivity is more.
This can related to the effect of Brownian motion as discussed in the section 5.3. In case of TiO2
based nanofluids, results indicate the same behavior as the Al2O3 nanofluid. The highest increment
of 16.07% in the thermal conductivity is observed for the volume concentration of ɸ=1% Al2O3
nanofluid at the temperature of 50°C. The lowest thermal conductivity increment is observed for
ɸ=0.25% of TiO2 nanofluid with an increment of 0.61% at 20°C.
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Figure 4: Variation of measured Thermal conductivity with concentration and temperature
(a) Al2O3 (b) TiO2
5.5 Effect of Nanoparticle Material on the Thermal Conductivity
For the same concentration the quantitative increment of thermal conductivity for the TiO2 nanofluids
is less than the increment of Al2O3 nanofluids. The comparison is shown in Fig. 5. It shows the
thermal conductivity values of the 1% concentrated Al2O3 and TiO2 nanofluids. The higher increment
in case of Al2O3 nanofluids is due to higher thermal conductivity of the Al2O3 nanoparticles compared
to the TiO2 Particles, which directly indicates that nanoparticles conductivity will be an important
parameter affecting the effective thermal conductivity.
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Figure 5: Effect of Nanoparticle Conductivity on
effective Thermal Conductivity of Nanofluid

6. CONCLUSIONS
From this experimental study it was found that there is huge potential in nanofluids as advanced
heat transfer fluids as the dilute concentrations of nanoparticles resulted significant enhancement in
the thermal conductivity. The thermal conductivity of these nanofluids is found to be highly
dependent on the temperature, volume concentration and the nanoparticles material. From
experimental measurements it is concluded that as the temperature increases the thermal
conductivity increases for all the concentration of the nanoparticles. The volume concentration also
increases the effective thermal conductivity of the nanofluids. Nanoparticles with higher thermal
conductivity will lead to higher effective thermal conductivity of the nanofluids. The highest increment
of 16.07% in the thermal conductivity is observed for the volume concentration of 1% Al2O3 nanofluid
at the temperature of 50°C. The lowest thermal conductivity increment is observed for 0.25% of TiO2
nanofluid with an increment of 0.61% at 20°C.

NOMENCLATURE

Symbols

𝑇

Temperature (°C)
Electric Power (W)

𝑘

Thermal Conductivity (W/m∙K)

𝑞

𝜙

Volumetric Concentration

Subscripts

𝑛

Shape Factor

𝑒𝑓𝑓

Nanofluid

𝜆

Sphericity

𝑏𝑓

Basefluid

𝛽

Nanolayer Thickness Ratio

𝑝

Particle

𝑡

Time (s)
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ABSTRACT
This work reports Mach-Zehnder interferometer measurements on the transient dynamics of heat
transfer from a demagnetized gadolinium (Gd) plates into a heat transfer fluid (0.2 M NaOH). The
magnetic field is provided by a magnetic assembly with a mean magnetic flux density at Gd plate
of 232 mT. First, a heat conduction case is tested by resolving the propagation of the thermal
boundary layer emanated from the Gd plates after demagnetization. This result is then compared
with the case coupled to a bulk flow with a flow rate of 20 and 30 L/ h, respectively. The
temperature adjacent to the Gd plate is extracted for all cases. The more rapid T evolution in the
presence of an advective heat transfer process could be verified which clearly demonstrates the
capabilities of the measurement setup to resolve the thermal boundary layer down to millimeter
range.
Keywords: Interferometer, Heat transfer, Magnetic Cooling, Gadolinium.

1. INTRODUCTION
Magnetic cooling (MC) is an alternative room temperature refrigeration technology which offers
certain advantages Gschneidner (2008), Tishin (2014), Engelbrecht(2007) and Yu(2010) compared
to conventional cooling based on gas compression. It has the potential of high efficiency, compact
design and silent operation, and promises the use of non-toxic solid cooling material and an
environmentally friendly heat transfer fluid. This is design-wise potentially compact and more silent
operation compared with conventional system as the compressor is replaced with the magnet and
vapor-liquid phase change of refrigerant is unnecessary. Principally, this is realized by the
magnetocaloric effect (MCE), employing a magnetocaloric material (MCM) functioning
simultaneously as a regenerator bed as well as a heat exchanger. With the oscillating direction of
heat transfer fluid between the hot and cold end, currently, the active magnetic regenerator (AMR)
principle is widely adopted in prototype design and manufacturing. The core of the AMR is a
porous structure made up of MCM, frequently realized as a packed sphere bed or as an ensemble
of flat parallel plates or lamellar structure, and the heat transfer fluid. Using the AMR, a larger
temperature span than just the adiabatic temperature change ΔTad can be obtained.
There is consensus on the two main bottlenecks which needs to be overcome to further advance
the magnetic cooling technology. The first one is that cheaper magnetocaloric material with a
bigger caloric effect has to be synthesized, which also possess better mechanical as well as
thermodynamic parameters. The second focus is on enhancing the heat transfer that becomes
non-ideal in AMR based prototypes despite a higher temperature span bigger than the adiabatic
temperature change of the material is provided. The coupling of the regenerator principle and
maximizing energy density by bigger portion of magnetocaloric material limits the flow rate of the
oscillatory flow. This is due to the pumping loss as a consequence of the bigger flow rate that
drops the efficiency of the heat transfer. Due to this reason, the current cycling frequency is
humbled to below 1 Hz range. Thus, an attractive method of utilizing the already existing magnetic
field together with the injection of a small current in the cold blow process to generate a
magnetohydrodynamic (MHD) flow was proven to be a potentially interesting method to enhance
the heat exchange without compromising pumping loss by accelerating mean flow rate and
decrease cycling frequency. To further advance this idea, a new challenge arises on resolving
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temperature field inside the regenerator. Thus it make sense to study the heat transfer in the
simplest case, namely from a periodically magnetized and demagnetized plane gadolinium plate
into a bulk heat transfer fluid which is in the form of an internal duct flow. With the development of
a model cell of high optical quality, the specific boundary of the duct could be replaced by either
magnetocaloric material or non-caloric ones for comparison. By means of a Mach-Zehnder
interferometer, this paper presents preliminary results of a contactless space- and time- resolved
temperature measurement of the thermal boundary layer at the fluid side of a Gd plate with bulk
flow Re below 800.

2. SETUP AND DATA PROCESSING ALGORITHM
2.1.

Experimental setup

Gadolinium (Gd 99 % pure, Goodfellow Cambridge Ltd.) is employed as a magnetocaloric material.
It was machined to a flat plate with smooth surface an area of 50 × 10 mm 2 and a thickness of 2
mm as rolled by the supplier without further polishing. The gadolinium plate is embedded in a
building plate made of plexiglass. The building plate on the side facing the heat transfer fluid is flat.
The internal flow cell consists of a main part with two accesses for inserting two building plates.
This ensures a switchable boundary condition since the material integrated with the plate could
vary between plexiglass and a 2 mm thick Gd plate. A measurement region with 10 × 10 mm2
cross section and full length of 110 mm is formed. In the test configuration used in this work the Gd
plate serves as bottom boundary, integrated into the center of building plate in streamwise
direction while the remaining 3 boundaries are plexiglass. 0.2 M NaOH aqueous solution is used
as heat transfer fluid because of its good anti-corrosion property while preserving the properties of
water, i.e. optical transparency and thermal diffusivity. Flow is pumped by a magnetic-vane pump
at a range of 0 - 100 L/ h. The corresponding Reynolds number, Re, is between 0 and 3000, see
Fig. 1, covering the range of most AMRs, i.e. Re within 100.

Figure 1: Resulting Reynold number as function of flow rate.

Magnetic field is provided by a self-designed magnetic assembly. The housing part is constituted of
a 3D printed non-magnetic ABS frame with two block NdFeB permanent magnet (magnetization
N35, size 50 × 50 × 12.5 mm3) with parallel magnetization direction facing each other. The stray
field at the outer side is concentrated by soft magnet blocks (Fe 99.8 % pure, Goodfellow
Cambridge Ltd.).
The stray field at region of interest is simulated with COMSOL AC/ DC module and the resulting
stray field inside the fluid when the magnet is at the fully magnetization position is shown in Fig. 2.
The magnet assembly is integrated into an electric mounting stage. A programed linear motion is
integrated with the magnetic assembly giving a highest motion speed at 30 mm/s. This module
provides a magnetization and demagnetization of the Gadolinium plate, i.e. triggers the
magnetocaloric effect.
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Figure 2: (upper) Experiment sketch and (lower)Stray field of magnet assembly at region spatially
occupied by heat transfer fluid at fully magnetization position. Mean flux density at Gadolinium plate
with thickness 2 mm is 232 mT.

The Mach-Zehnder interferometer maps the phase difference Δtf(x,y,z) between the cell under
study and reference beam, which is related to the difference in the refractive index Δn. The
algorithm for computing the Δn from the interferogram recorded is documented in Lei
(2015,2016,2017) The temperature change of heat transfer fluid is computed by the correlation
with refractive index change correlated by ∂T=∂n. Since ∂T=∂n is constant, a simplified calculation
is obtained.
Eq. (1)
2.2.

Heat transfer at the demagnetization stage

The heat transfer in the demagnetization phase is spatially and temporally resolved using the
interferometer. The resolution for all spatial and temporal sampling is 10 m and 0.1 s, respectively.
The measurement result is shown in Fig. 3 between 0 s and 4 s where the 0 time indicates the
trigger time of demagnetization, i.e. the moving of magnet assembly.
The figure underlines that even small changes in the temperature field can be resolved well by
means of the MZI. However, compared to Lei (2015,2016), a foreseen less ideal result appears. A
fluid with a high thermal diffusivity serves as a good heat transfer fluid. However, its thermal
boundary is more difficult to be resolved by the interferometer. One reason is the fact that the
∂T/∂n for the dilute base is 1=10200K-1 which is considerably smaller that for organic solvents like
n-decane Lei (ICR2015) where it amounts to 1=2230K -1. From a measurement prospective, the
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same given magnetocaloric effect, acting as thermal boundary, results in a less ideal measurement
signal in terms of a refractive index change for aqueous solutions compared to organic ones.
By extracting the temperature at the fluid side, the evolution of T at the position adjacent to the Gd
plate which locates at the margin of the bottom coordinates is shown in Fig. 4. In fact, due to
continuity reason, the fluid directly at the Gd plate could in fact denote the surface temperature
distribution of the Gd plate. However, a small misalignment between the collimated beam and the
Gd plate is hard to avoid which finally leads to a minor blockage of a sub-millimeter range at
thermal boundary. At the vicinity of the Gd plate at the fluid side, temperature decreases gradually
due to the heat transfer between fluid and the plate. Then due to the reduced temperature
difference between the Gd plate and fluid, a reduced heat exchange rate occurs. The stratification
of temperature boundary layer then leads to the peak temperature, see Fig. 4. Compared with pure
conduction, a more rapid increase is found in the temperature drop at the fluid side. This is
followed by a rapid temperature drop after reaching to a higher value in ΔT. The trend is more
pronounced with an increasing bulk flow rate.

Figure 3: 2D temperature field in a 0.2 M NaOH solution corresponding to the thermal boundary layer
of a gadolinium plate. The latter is located at the bottom margin outside the figure. The time 0 s is
defined as the time at which the mounting stage with the integrated magnet starts to move and to
demagnetize the Gd plate.

Figure 4: The temperature evolution at the fluid side adjacent to the Gd plate.
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3. SUMMARY AND OUTLOOK
This work reports heat transfer measurements of the thermal boundary at a demagnetized Gd
plate coupled to bulk flow using a laser based Mach-Zehnder interferometer. First, the heat transfer
into a static heat transfer fluid is measured and the resulting temperature evolution in the region
demonstrates a heat conduction process as expected. Then, the advective heat transfer is shown
with mean flow rate of 56 mm/ s and 83 mm/ s corresponding to a Re number 554 and 832,
respectively, is analysed. The temperature adjacent to the Gd plate shows a more rapid warming
effect. This is due to the increased local heat transfer forcing a more rapid heat exchange between
the heat transfer fluid and the Gd plate. These results demonstrate that it is worth to spend more
effort in resolving the temperature field of thermal boundary at both magnetization and
demagnetization of Gd. A special focus should be on evaluating the influence of thermal
dissipation especially at high flow rate with higher pressure drop when the measurement region is
filled with a stack of plates of magnetocaloric material. The prospective work could be carried on
with a direct comparison between interferometer result with simulation.
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ABSTRACT
As an alternative to the high global warming potential (GWP) hydrofluorocarbons (HFCs), R1234yf
synthetic refrigerant from the family of the hydrofluoroolefins (HFOs), has emerged recently as a
replacement fluid for R134a, particularly for motor air conditioners. This paper presents an
experimental study using R1234yf as a drop-in replacement for R134a in an oil-free refrigeration
system. The oil-free refrigeration system was instrumented using both R1234yf and R134a. The
experiments were carried out for strokes from 9 mm to 13 mm, pressure ratio from 2.0 to 4.0 and
condenser outlet temperatures from 40 °C to 50 °C. The experimental results show that the
coefficient of performance (COP) of R1234yf is 12% lower than R134a with condenser
temperature of 50 °C and evaporator temperature of 5 °C. Volumetric efficiency of R134a is 5%
higher than R1234yf for given conditions. Results of mass flow rate, resonant frequency, and
cooling capacity are also reported.
Keywords: R1234yf, R134a, Oil-free vapour compression refrigeration, Cooling capacity,
Coefficient of performance.

1. INTRODUCTION
The EU F-Gas Regulation was initiated in 2014 to phase out the refrigerants with global warming
potential (GWP) of 150 or more. Traditional hydrofluorocarbons (HFCs) are being replaced by low
global warming potential (GWP) refrigerants. R134a is one of the most common commercially
used high GWP refrigerants, especially for domestic refrigerator and automobile air conditioner.
As the similar saturation pressure, R1234yf is considered as the best replacement for R-134a as
a refrigerant in automobile air conditioners. R1234yf is a synthetic refrigerant from the family of
the hydrofluoroolefins (HFOs), emerging recently as a replacement for R134a. R1234yf has GWP
of 4 while R134a has GWP of 1430 (Vaghela, 2017). The latent heat of R1234yf (148.9 kJ/kg) is
about 14% lower than R134a (173.1 kJ/kg) at a temperature of 30 °C. R1234yf is a mildly
flammable refrigerant which is qualified to A2L classification in ASHRAE safety group. Oliveira
(2015) mentioned that due to low burning velocity, R1234yf can be used safely in air conditioners.
A number of studies have been conducted by researchers to investigate the possibility of
substituting R134a in vapour compression refrigeration (VCR) systems. Jankovic et al. (2015)
conducted experiments with a small power refrigerating system to compare the performance of
R1234yf, R1234ze, and R134a. The result shows that the cooling capacity and COP of R1234yf
is 9% and 10% lower respectively compared to R134a. Lu et al. (2013) concluded that the pressure
drop for R134a is 5-15% higher than R1234yf due to its higher superficial vapour velocity. Wang
(2014) reviewed the system performance of R1234yf refrigerant in air-conditioning and heat pump
system indicating that the deterioration of R1234yf is around 0-27% depending on operating
conditions. Significant difference between R1234yf and R134a system can occur in condenser.
Despite a lot of comparative studies on R1234yf and R134a, most of the measurements mentioned
above involved lubricant oil for compressors. The oil solubility of the refrigerants inevitably affect
the heat transfer in evaporator and condenser thus the overall performance. Also, at a low
evaporator temperature, lubricant oil can block the tube, especially for the small diameter heat
exchanger. The oil-free VCR system can provide significant advantages in selection of refrigerants,
minimization of the device, and efficiency improvement. This study compares the performance of
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R1234yf with R134a in a novel oil-free VCR system over a wide range of operating conditions. The
elimination of oil lubricant enables comparable test conditions for better evaluating the performance
of R1234yf and R134a for automobile air conditioning.

2. EXPERIMENTAL APPARATUS
Fig. 1 shows the schematic of an oil-free VCR system and the experimental apparatus. The VCR
system consists of two balanced oil-free linear compressors, an off-the-shelf water-cooled coaxial
condenser and an evaporator with an electric heater. The details of the linear compressor can be
found in Liang et al., (2014). Two identical linear compressors operate in opposite direction to
reduce vibration. The specifications of components for the oil-free VCR system are listed in Table
1. The hot compressed refrigerant vapour is released from compressor to condenser. A needle
valve is added to adjust the pressure ratio between the condenser and evaporator. The liquid
refrigerant flows to the evaporator absorbing the heat from the electric heater then goes back to
the compressor. A bleed flow loop using PWM (pulse-width-modulation) controlled solenoid valve
allows control of the body pressure in the linear compressor so that the piston offset can be
controlled at zero. A PID controller generates a sinusoidal excitation voltage from NI data
acquisition card to control the piston displacement. A variac heater controller was used to adjust
the heat into the evaporator. A power meter connecting to variac heater controller was used to
record the electric heater power. A low-speed data acquisition (LDAQ) was used to record the
measured parameters including pressures (discharge, suction, body, evaporator inlet),
temperatures (discharge, condenser, evaporator inlet/outlet, suction, body), and mass flow rates
(main flow and bleed flow). Pressures, voltage, currents, and displacements were collected by a
high-speed data acquisition (HDAQ). The data record speed for LDAQ and HDAQ is 2000 samples
and 5000 samples per second respectively. Eight-two steady state were carried out for two
refrigerants at different compressor strokes, pressure ratios, frequencies, and condenser
temperatures as shown in Table 2. The charge is same for both refrigerants. Before
measurements, the compressor was heated by resistors to over 35 °C so that no refrigerant
condenses in the compressor. The operating frequency was manually adjusted in LabVIEW for
each test condition to ensure resonance.
V1
AC Power
Amplifier

f1, f2, Vamp, Duty Cycle, LDAQ
P, T, V, I1, M, LVDT1
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T1

Capacitor
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Figure. 1 Schematic of the oil-free VCR system and instrumentation (P: pressure transducer, T:
thermocouple, M: mass flow meter, V: voltage sensor, I: current transducer, LVDT: displacement
transducer)
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Table 1. List of components for the oil-free VCR system

Components
Compressor

Specifications
Two identical oil-free linear compressors working in opposite, piston
diameter of 19 mm, maximum compressor stroke of 14 mm, rated
power of 100 W for each
Coaxial water-cooled, copper, off-the-shelf, coolant connection
diameter of 12.7 mm, refrigerant connection diameter of 16 mm
Needle valve, stainless steel medium flow high pressure

Condenser
Expansion
valve
Evaporator

Copper, electric heater (resistance of 50 Ω), length of 128 cm , inner
diameter of 7.9 mm, outer diameter of 12.7 mm
R134a, R1234yf

Refrigerant

Table 2. Test conditions for two refrigerants in the oil-free VCR system

Refrigerant
Charge (g)
Pressure ratio
Compressor stroke (mm)
Condenser temperature (°C)
Operating frequency (Hz)
Suction temperature (°C)
Compressor body temperature (°C)
Ambient temperature (°C)

R1234yf, R134a
250
2.0, 2.5, 3.0, 3.5, 4.0
9, 10, 11, 12, 13
40, 45, 50
32-38
20-30
>35
22

3. RESULTS and DISCUSSIONS
3.1.

P-V Diagram

Fig. 2 shows P-V loops for the oil-free VCR system using R1234yf and R134a with a compressor
stroke of 12 mm, at a fixed evaporator temperature of 1 °C and a fixed condenser temperature of
40 °C. R1234yf and R134a have similar P-V loop thus similar shaft work and power input.
Therefore, same capacity compressor can be used to drive the system using R1234yf. Both
discharge and suction pressure of R1234yf is higher than R134a due to the higher superheat.

Figure. 2 P-V loops for the oil-free VCR system using R1234yf and R134a with a compressor stroke
of 12 mm, at a fixed evaporator temperature of 1 °C and a fixed condenser temperature of 40 °C

3.2.

Resonant Frequency

To operate the linear compressor at resonance can reduce required input current for the oil-free
VCR system thus reduce the copper loss. The resonant frequency can be calculated by mechanical
spring rate and non-linear gas spring rate. The very non-linear gas spring curve can be calculated
by averaging the in-cylinder pressure 𝑃 during compression and expansion. The effective nonlinear
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spring stiffness of the gas 𝑘g in compression chamber can be expressed as
2

𝑘g = (∫1 𝑃𝑑𝑉 −

∮ 𝑃𝑑𝑉 2
) 𝑆2
2

Eq. (1)

where 1 is the start of compression process, 2 is the end of discharge process, P is the in-cylinder
pressure, V is the cylinder volume, S is the compressor stroke.
The resonant frequency 𝑓 can be calculated as
1

𝑘g +𝑘m

𝑓 = 2𝜋 √

m

Eq. (2)

where m is the mass of piston (0.66 kg) and 𝑘m is the mechanical spring rate (17 kN/m).
Fig. 3 shows the resonant frequency of the oil-free VCR system using R1234yf and R134a with
pressure ratios from 2.0 to 3.0 at a fixed condenser temperature of 40 °C. For both refrigerants, a
higher pressure ratio leads to a higher resonant frequency due to higher induced gas spring
stiffness. For a fixed pressure ratio, higher compressor stroke causes lower gas spring thus lower
resonant frequency. Generally, R1234yf has higher resonant frequency than R134a. This is due to
higher suction and discharge pressures for R1234yf (shown in Fig. 2) that lead to higher gas spring
stiffness.

Figure. 3 Resonant frequency against compressor stroke of the oil-free VCR system using R1234yf
and R134a with various pressure ratios at a condenser temperature of 40 °C

3.3.

Mass Flow Rate

Fig. 4 shows the mass flow rate of R1234yf and R134a varying with the compressor stroke for
pressure ratios of 2.0 to 3.5 at a fixed condenser temperature of 40 °C. It can be seen that for a
fixed compressor stroke, the mass flow rate decreases as the pressure ratio increases. For a fixed
pressure ratio, the mass flow rate of R1234yf and R134a both increase as the compressor stroke
increase thus cooling capacity. Overall, the mass flow rate of R1234yf is average 5% higher than
R134a. At pressure ratio of 2.5 of compressor stroke of 12 mm, the mass flow rate of R1234yf is
0.36 g/s (16%) higher than R134a. This is due to the higher vapour density of R1234yf in the
system. The higher operating frequency of R1234yf also contributes to the high mass flow rate of
R1234yf. To produce same amount of mass flow rate for the given pressure ratio, compressor
using R1234yf requires lower compressor stroke or displacement (for conventional compressors).
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Figure. 4 Mass flow rate against compressor stroke using R1234yf and R134a for pressure ratios of
2.0 to 3.5 at a fixed condenser temperature of 40 °C

3.4.
Volumetric Efficiency
The volumetric efficiency was calculated according to the following equation:
𝜂𝑉 =

𝑚̇ 𝑅g 𝑇suc
𝑆A𝑓𝑃suc

Eq. (3)

where A is the area of piston, f is the operating frequency, 𝑇suc is the temperature at the compressor
inlet, 𝑃suc is the pressure at the compressor inlet, 𝑅g is the specific gas constant and 𝑚̇ is the mass
flow rate.
Fig. 5 shows the volumetric efficiency against the compressor stroke for R1234yf and R134a at a
condenser temperature of 40 °C. It can be seen that the volumetric efficiency for both refrigerants
increases linearly with the compressor stroke due to decreasing dead volume and increasing of
mass flow rate. The volumetric efficiency for both refrigerants decrease with the pressure ratio due
to the reduction of mass flow rate. It also can be found that the volumetric efficiency for R1234yf is
average 13% lower than R134a.

Figure. 5 Volumetric efficiency against evaporator temperature for R1234yf and R134a at a
condenser temperature of 40 °C.

3.5.

COP and Cooling Capacity
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Fig. 6 shows the cooling capacity and COP against condenser temperature for R1234yf and R134a
with an evaporator temperature of 5 °C. Both cooling capacity and COP decrease linearly with
increasing condenser temperature due to the reduction of the enthalpy difference between
evaporator inlet and outlet for R1234yf and R134a. The COP of R1234yf is 10-25% lower than
R134a, while the cooling capacity of R1234yf is 10-30% lower than R134a. This is due to smaller
enthalpy different between evaporator inlet and evaporator outletIt of R1234yf. It is worth
mentioning that with increasing condenser temperature, the difference of COP between R1234yf
and R134a decreases as R1234yf is less sensitive to condenser temperature. Though mass flow
rate of R1234yf is average 5% higher than R134a, to produce similar cooling capacity to R134a,
R1234yf needs to provide a much larger mass flow rate so that large displacement is needed.

Figure. 6 Cooling capacity and COP against condenser temperature for R1234yf and R134a with
evaporator inlet temperature of 5 °C

3.6 Experimental Uncertainty
Pressures, temperature, stroke, current, voltage, and mass flow rate were measured during the
experiments. Typically, a set of readings was taken every 15 minutes to allow time for thermal
equilibrium to be attained. The measurements of pressure, stroke, and temperature have absolute
uncertainties of 0.015 bar, 0.025 mm, and 0.5 °C. The current transducer, voltage transducers, and
mass flow rate have accuracies of 0.5%, 0.5%, and 1%, respectively. The combined uncertainties of
the calculated values were calculated using a 95% confidence interval. The cooling capacity, COP,
and volumetric efficiency have relative uncertainty of 1%, 1.3%, and 0.3%, respectively.

4. CONCLUSIONS
This paper presents an experimental analysis using R1234yf as a drop-in replacement for R134a
in an oil-free VCR system for a wide range of operating conditions. Generally, R1234yf provides a
lower system performance if it replaces R134a. R1234yf can be used as an alternative to R134a
in the device already in operation and new devices. Large displacement compressor for R1234yf
will be needed to produce a similar cooling capacity to R134a. Key findings from the experiments
are listed below:
(1) For given pressure ratio and compressor stroke, the resonant frequency of R1234yf is
higher than R134a due to higher superheat.
(2) At fixed pressure ratio, the mass flow rate of R1234yf is slightly higher than R134a due to
the higher vapour density and resonant frequency. Overall, the mass flow rate of R1234yf is
average 5% higher than R134a.
(3) With the increase in stroke, the volumetric efficiency for both refrigerants increases and
higher pressure tends to have a lower volumetric efficiency due to the reduction of actual piston
displacement.
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(4) At the condenser temperature of 50 °C and evaporator temperature of 5 °C, the COP of
R1234yf is 10% lower than R134a. The COP increases linearly with decreasing condenser
temperature. However, the CoP of R1234yf is less sensitive to condenser temperature.
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NOMENCLATURE
A
piston area (mm2)
COP coefficient of performance
DAQ data acquisition
f
frequency (Hz)
GWP global warming potential
HFC hydrofluorocarbon
HFO hydrofluoroolefin
I
current (A)
LVDT linear variable differential transformer
M
mass flow rate (g/s)
ṁ
mass flow rate (g/s)
ODP ozone depletion potential
P
pressure (bar)
PID proportional-integral-derivative
PR pressure ratio
PWM pulse-width-modulation
R
specific gas constant (J/kg/K)

S
T
V
VCR

stroke (mm)
temperature (°C)
volume (mm 3) or voltage (V)
vapour compression refrigeration

Greek symbol
η
efficiency
Subscripts
1
evaporator inlet
2
suction
c
cooling
cond condenser
g
gas
suc suction
V
volumetric
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ABSTRACT
By using a novel linear compressor, lubricant can be eliminated from a vapour compression
refrigeration (VCR) system, which offers significant advantages in selection of refrigerants,
miniaturization of refrigerator, and heat transfer improvement. In this study, performance of an oilfree VCR system was studied. The system has been constructed using a novel oil-free linear
compressor, off-the-shelf condenser unit and an evaporator with electric heater. The oil-free VCR
system was instrumented using R134a as refrigerant. The linear compressor was tested with
strokes from 9 mm to 13 mm and pressure ratios from 2.0 to 4.0. The refrigerant charge is 300 g,
and condenser outlet temperature was controlled from 40 °C to 55 °C. The experimental results
show that the oil-free VCR system can achieve a cooling capacity of 311 W and a coefficient of
performance (CoP) of 3.65 with a condenser temperature at 40°C, a pressure ratio of 2.5, and a
stroke of 12 mm.
Keywords: Oil-free Linear Compressor, R134a, Coefficient of Performance, Cooling Capacity,
Vapour compression system

1. INTRODUCTION
Unlike conventional compressors for vapour compression refrigeration (VCR) system, linear
compressors can drive the piston without crank mechanism. A free piston is directly driven by linear
motor which can provide significant advantages in selection of refrigerants, miniaturization of
refrigerator, high efficiency and no need for start and stop. Liang et al. (2014) conducted
experiments to compare the performance between oil-free linear compressor and crank-driven
compressor. The results indicate that the adiabatic efficiency of linear compressor is more than
20% higher than crank-driven compressor. Bradshaw et al. (2013) developed a compressor model
to explore the energy recovery characteristics of a linear compressor and a traditional reciprocating
compressor. The results indicated that the linear compressor could operate more efficiently over a
wider range of dead (clearance) volumes than the crank-drive compressor. Liang (2017) reviewed
the performance of linear compressor indicating that linear compressor has significant advantages
over conventional crank-driven compressors. Oil-free operation allows the use of micro-channel
heat exchangers for miniature refrigeration system for electronic cooling. Liang et al. (2014) tested
an oil-free VCR system with a fixed condenser temperature of 50 °C. The results show that the
CoPs are around 3.0 for a pressure ratio of 2.5. Lee et al. (2004) tested a linear compressor for
domestic refrigerator. The results show that the system can achieve a coefficient of performance
(CoP) of 3.66 at an evaporator temperature of 7.2 °C and a condenser temperature of 54.4 °C.
This study presents an experimental work to evaluate the system performance of an oil-free VCR
system using a novel linear compressor. R134a was used as working fluid in this study. Results of
specific mass flow rate, motor efficiency, cooling capacity and CoP were reported.

2. INSTRUMENTATION
2.1.

Experimental Apparatus

Fig. 1 shows the schematic of an oil-free VCR system and instrumentation using R134a. The test
rig consists of two linear compressors, an off-the-shelf water-cooled coaxial condenser and an
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evaporator with an electric heater. Two linear compressors were mounted in opposite direction to
reduce vibration during the measurement. The details of the linear compressor can be found in
Liang et al. (2014). Before measurements, the compressors were heated by resistors to over 35
°C so that no refrigerant condenses in the compressor body. During the measurement,
compressed hot refrigerant vapour is released from compressor to condenser. After that, the
cooled refrigerant liquid flows to the evaporator via an expansion valve. The pressure ratio
depends on the valve lift of the expansion valve. Then, the hot refrigerant vapour flows back to the
compressor. A bleed flow loop and a solenoid valve were added to achieve zero piston offset.
Compressor stroke and piston offset were controlled by two proportional-integral-derivative (PID)
controllers in LabVIEW, respectively. According to measured compressor stroke from linear
variable differential transformer (LVDT) displacement transducer, a PID controller generates a
sinusoidal excitation voltage from NI data acquisition card to control the piston displacement. The
duty cycle of solenoid valve depends on the pulse-width-modulation (PWM) signal which is
generated by another PID controller according to the measured piston displacement. A variac
heater controller was used to adjust the heat into the evaporator. A power meter connecting to
variac heater controller was used to record the electric heater power. A low-speed data acquisition
(LDAQ) was used to record the measured parameters including pressures (discharge, suction,
body, evaporator inlet), temperatures (discharge, condenser, evaporator inlet/outlet, suction,
body), and mass flow rates (main flow and bleed flow). Pressures, voltage, currents, and
displacements were collected by a high-speed data acquisition (HDAQ). Forty steady-state tests
were conducted for linear compressors. Table 1 shows the test conditions for the oil-free VCR
system. The operating frequency of the linear compressor was manually adjusted according to
calculated resonant frequency in LabVIEW for each test condition.
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Panic Box
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f1, f2, Vamp, Duty Cycle, LDAQ

T1
I1
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Figure. 1: Schematic of the oil-free VCR system and instrumentation (P: pressure transducer, T:
thermocouple, M: mass flow meter, V: voltage sensor, I: current transducer, LVDT: displacement
transducer)
Table 1. Test conditions for linear compressor

Refrigerant
Refrigerant charge (g)
Pressure ratio
Compressor stroke (mm)
Condenser temperature (°C)
Operating frequency (Hz)

R134a
300
2.0, 2.5, 3.0, 3.5, 4.0
9, 10, 11, 12, 13
40, 45, 50, 55
32-39

2.2.
Polytropic Index and Thermodynamic Efficiency
Due to unavoidable heat transfer through cylinder wall and gas leakage, the compression process
and expansion process cannot be considered as adiabatic or isentropic. A correlated polytropic
process is realistic. According to ideal gas law, the relationship of in-cylinder pressure, cylinder
volume and polytropic index can be expressed as
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Eq. (1)

ln 𝑃𝑃 = −𝑛𝑛𝑛𝑛𝑛𝑛𝑛𝑛 + C

where P is the in-cylinder pressure, V is the cylinder volume, n is the polytropic index and C is a
constant.
Fig. 2 shows a P-V loop in log-scale of R134a with a refrigerant charge of 300 g, a compressor
stroke of 12 mm, a pressure of 2.0, and a fixed condenser temperature of 40 °C from
measurements. The logged in-cylinder pressure and logged cylinder volume vary linearly during
compression and expansion process. Thus, the slope can be considered as the polytropic indexes
for two processes. Table 2 lists the polytropic indexes of R134a for pressure ratios of 2.0-4.0. The
variation of the polytropic indexes for various pressure ratios is within 12%.

Figure. 2: Logged P-V loop of the oil-free linear compressor using R134a for a refrigerant charge of
300 g, a compressor stroke of 12 mm, a pressure of 2.0, and a fixed condenser temperature of 40 °C
Table 2 Polytropic indexes of R134a in linear compressor

Pressure Ratio
R134a

2.0
0.70

2.5
0.72

3.0
0.76

3.5
0.79

4.0
0.73

The thermodynamic power (𝑃𝑃th ) was calculated according to the following equation
𝑃𝑃th =

𝑛𝑛−1

𝑛𝑛
𝑃𝑃
𝑛𝑛
𝑚𝑚̇R g 𝑇𝑇suc [�𝑃𝑃dis �
𝑛𝑛−1
suc

− 1]

Eq. (2)

where R g is the specific gas constant, 𝑚𝑚̇ is the mass flow rate, 𝑇𝑇suc is the suction temperature,
𝑃𝑃dis is the discharge pressure and 𝑃𝑃suc is the suction pressure.

The thermodynamic efficiency (𝜂𝜂th ) for the linear compressor can be defined as
where 𝑃𝑃in is the power input.

𝑃𝑃

𝜂𝜂th = 𝑃𝑃th
in

Eq. (3)

3. RESULTS and DISCUSSIONS

3.1.
Motor Efficiency, Root Mean Square Value of Current, and Power Input
Fig. 3 shows the motor efficiency and root mean square (RMS) value of current against operating
frequency using R134a for a pressure ratio of 3.0, a compressor stroke of 12 mm, and a condenser
temperature of 50 °C. At the operating frequency of 37 Hz, the linear compressor is operated at
resonant frequency achieving the minimum current for this test condition. Thus, the copper loss
can be minimised to improve the motor efficiency of the linear compressor. Fig. 4 shows the motor
efficiency and power input against compressor stroke with various pressure ratio at a fixed
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condenser temperature of 40 °C. The motor efficiency decreases as compressor stroke increase
as induced current becomes larger resulting in a higher copper loss. For a fixed compressor stroke,
the motor efficiency increase with pressure ratio due to the reduction of the mass flow rate and
shaft force. The maximum motor efficiency is 92.6% at a fixed compressor stroke of 12 mm and a
fixed pressure ratio of 3.5 while the minimum is 85.8% at a fixed compressor stroke of 11 mm and
a fixed pressure ratio of 2.5. For a fixed pressure ratio, the power input of the oil-free VCR system
increases with stroke. For a fixed condenser temperature, the power input decreases with the
increase of pressure ratio due to the decrease of shaft force. At a fixed compressor stroke of 12
mm and a fixed pressure ratio of 2.5, the linear compressor requires a power input of 85 W.

Figure. 3: Motor efficiency and RMS value of current against operating frequency using R134a for a
refrigerant charge of 300 g, a pressure ratio of 3.0, a compressor stroke of 12 mm, and a
condenser temperature of 50 °C

Figure. 4: Motor efficiency and power input against compressor stroke with various pressure ratio at
a fixed condenser temperature of 40 °C

3.2.
Specific Mass Flow Rate
Fig. 5 shows the specific mass flow rate against pressure ratio using R134a for condenser
temperature from 40 °C to 55 °C. It can be seen that for a fixed condenser temperature, specific
mass flow rate decreases with the increase of the pressure ratio. This is due to the reduction of
the actual piston stroke. For a fixed pressure ratio, the specific mass flow rate decreases with the
increase of condenser temperature due to the decrease of the vapour density. At a fixed
condenser temperature of 40 °C and a fixed pressure ratio of 2.0, the oil-free VCR system can
achieve a specific mass flow rate of 0.034 g/s/W.
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Figure. 5: shows the specific mass flow rate against pressure ratio using R134a for pressure
ratios from 40 °C to 55 °C

3.3.
Thermodynamic Efficiency
Fig. 6 shows the thermodynamic efficiency against compressor stroke for pressure ratios of
2.0, 2.5, 3.0, and 3.5 at fixed condenser temperatures of 40 °C and 50 °C. The thermodynamic
efficiency increases with compressor stroke due to the increase of mass flow rate. For a fixed
compressor stroke, the thermodynamic efficiency decrease with the increase of pressure ratio.
It is worth mentioning that higher condenser temperature has a negative influence on
thermodynamic efficiency. This is due to the higher discharge pressure resulting in higher shaft
force thus power input. At a fixed compressor stroke of 10 mm and a fixed pressure ratio of
2.0, the thermodynamic efficiency of the linear compressor at 40 °C (50%) is 5% higher than
50 °C. At a fixed pressure ratio of 3.5, the difference of thermodynamic efficiency between two
condenser temperatures is reduced. This is due to the low mass flow rate for both condenser
temperatures.

Figure. 6: Thermodynamic efficiency against stroke for pressure ratios of 2.0, 2.5, 3.0, and 3.5
at fixed condenser temperatures of 40 °C and 50 °C

3.4.

Cooling Capacity and Coefficient of Performance

Fig. 7 shows the CoP and cooling capacity against condenser temperature of the oil-free VCR
system using R134a for pressure ratios of 2.5, 3.0, and 4.0 with a compressor stroke of 12 mm.
Both cooling capacity and CoP decrease with the increase of condenser temperature. For a fixed
pressure ratio of 2.5, the CoP at a condenser temperature of 40 °C is 30% higher than the CoP at
a condenser temperature of 55 °C. For a fixed condenser temperature, the CoP and cooling
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capacity decrease as the pressure ratio increases. At a condenser temperature of 40 °C and a
pressure ratio of 2.5, the CoP is 3.65 and the cooling capacity is 311 W.

Figure 7: CoP and cooling capacity against condenser temperature of the oil-free VCR system using
R134a for pressure ratios of 2.5, 3.0, and 4.0 with a compressor stroke of 12 mm

4. CONCLUSIONS
In this study, the performance of an oil-free VCR system using novel linear compressors was
studied. Key findings are listed below:
(1) The motor efficiency decreases with the increase of compressor stroke. For a fixed stroke,
the motor efficiency increase with pressure ratio. The maximum motor efficiency is 92.6% at a
fixed stroke of 12 mm and a fixed pressure ratio of 3.5.
(2) For a fixed condenser temperature, specific mass flow rate decreases with the increase of
the pressure ratio. At a fixed condenser temperature of 40 °C and a fixed pressure ratio of 2.0,
the oil-free VCR system can achieve a specific mass flow rate of 0.034 g/s/W.
(3) The thermodynamic efficiency of linear compressor increases with stroke due to the
increase of mass flow rate. At a fixed compressor stroke of 10 mm and a fixed pressure ratio of
2.0, the oil-free VCR system can achieve a thermodynamic efficiency of 50%.
(4) Both cooling capacity and CoP for the oil-free VCR system decrease with the increase of
condenser temperature. When linear compressor using R134a operates at a stroke of 12 mm,
a pressure ratio of 2.0 with a fixed condenser temperature of 40 °C, the system achieves the
highest CoP of 3.65.
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NOMENCLATURE
C
CoP
DAQ
GWP
I
LVDT

constant
coefficient of performance
data acquisition
global warming potential
current (A)
linear variable differential transformer

M
𝑚𝑚̇
n
P
PID
PR

mass flow rate (g/s)
mass flow rate (g/s)
polytropic index
pressure (bar) or power (W)
proportional-integral-derivative
pressure ratio
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PWM
R
RMS
T
V
VCR

pulse-width-modulation
resistance (Ω)
root mean square
temperature (°C)
voltage (V)
vapour compression refrigeration

Greek symbol

η

efficiency

Subscripts
dis
discharge
g
gas
in
input
suc
suction
th
thermodynamic
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ABSTRACT
This paper presents the boiling heat transfer coefficients of R1234ze(Z) and R1233zd(E) inside a
commercial Brazed Plate Heat Exchanger (BPHE): the effects of heat flux / mass flux, saturation
temperature / pressure, outlet conditions and fluid properties are investigated. The boiling heat
transfer coefficients are controlled mainly by heat flux / mass flux and evaporator outlet conditions.
R1234ze(Z) exhibits boiling heat transfer coefficients higher than those of R1233zd(E). There is a
reasonable agreement between the saturated boiling heat transfer coefficients and the calculated
values by a model recently proposed by the present authors.
Keywords: GWP; R1234ze(Z); R1233zd(E); boiling; BPHE

1. INTRODUCTION
The Kigali amendment (UNEP, MOP 28 in Kigali, Rwanda, 10-14 October 2016), to the Montreal
Protocol established the phase down of traditional HFC refrigerants because their high Global
Warming Potential (GWP). The traditional low-pressure HFC refrigerants used in HighTemperature Heat Pumps (HTHP) and Organic Rankine Cycles (ORC) present in general high
value of GWP ranging from 1020 of R245fa, to 1370 of R236ea to 9810 of R236fa. A new
generation of low-pressure refrigerants with very low-GWP was recently put on the market: the
more interesting ones are R1234ze(Z) and R1233zd(E). R1234ze(Z) is a HydroFluoroOlefin (HFO)
refrigerant with ODP = 0, GWP ≤ 3, mild flammability (ASHRAE classification A2L), normal boiling
point 9.8°C and critical temperature 150.12 °C. R1233zd(E) is a HydroChloroFluoroOlefin (HCFO)
refrigerant with ODP ~ 0, GWP ≤ 3, no flammability (ASHRAE classification A1), normal boiling
point 19.0 °C and critical temperature 165.5 °C.
This paper presents new and original boiling heat transfer coefficients on R1234ze(Z) and
R1233zd(E) inside a commercial Brazed Plate Heat Exchanger (BPHE): the effects of heat flux /
mass flux, saturation temperature / pressure, outlet conditions and fluid properties are investigated.

2. EXPERIMENTAL MEASUREMENT AND DATA REDUCTION
The experimental measurements were performed in a test rig already used for proving several
HFC, HC, and HFO refrigerants: Longo and Gasparella (2007) gives a detailed description of the
experimental rig, the measuring procedures and the data reduction. Fig. 1 presents a schematic
view of the experimental rig and Table 1 gives the characteristics of the measuring devices, while
Fig. 2 and Table 2 show the geometrical characteristics of the BPHE tested.
The experimental measurements are reported in term of boiling heat transfer coefficient hr.
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Table 1. Specification of the different measuring devices
Devices

Uncertainty (k=2)

Range

T-type thermocouples

0.1 K

-20/80°C

T-type thermopiles

0.05 K

-20/80°C

Abs. pressure transducers

0.075% f.s.

0/1.0 MPa

Diff. pressure transducers

0.075% f.s.

0/0.3 MPa

Coriolis effect flow meters

0.1%

0/300 kg h-1

Magnetic flow meters

0.15% f.s.

100/1200 l h-1

Thermo camera

 0.1 °C

5 – 150 °C

PHE TESTED
T

REFRIG.
WATER

T

T

M

M

P

T

PRE-EVAPORATOR

REFRIG.
WATER

P

T

EVAPORATOR

T

T
T

P

ACCUMULATOR

T

N2

T
CONDENSER

CHARGING AND SAMPLING PORT

SAFETY
VALVE
P
CORIOLIS EFFECT
FLOW METER

WATER GLYCOL

T
FILTER
F

T

VARIABLE SPEED
REFRIGERANT PUMP

T

M

SUB-COOLER

Figure 1: Schematic view of the experimental test rig
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Table 2. Characteristics of the BPHE



Parameter

P

Measure

Fluid flow plate length L (mm)

278.0

Plate width W(mm)

72.0

Area of the plate A(m 2)

0.020

Corrugation type

sec. A-A

A

L

A

W
Figure 2: Schematic drawing of the plate

b

Chevron

Angle of the corrugation (°)

65

Corrugation depth b(mm)

2.0

Corrugation pitch P(mm)

8.0

Plate roughness Ra(m)

0.4

Plate roughness Rp(m)

1.0

Total number of plates

10

Number of effective plates

8

Channels on refrigerant side

4

Channels on water side

5

The boiling heat transfer coefficient hr is derived from the overall heat transfer coefficient U by determining
the water side heat transfer coefficient hw using a modified Wilson plot technique according with Munley and
Manglick (1999). In the saturated boiling tests the overall heat transfer coefficient U is computed with
reference to the logarithmic mean temperature difference Tln based on the average saturation temperature
Tsat. In the boiling and super-heating tests the overall heat transfer coefficient U is computed as the average
value between the overall heat transfer coefficient of the boiling portion Uboil and that of the super-heating
portion Usup weighted on the base of the respective heat transfer area as suggested by Dutto et al. (1991)
and Fernando et al. (2004). In this way, it is possible to directly compare the heat transfer performance of an
evaporator working only in two-phase heat transfer with that of an evaporator working both in two-phase and
super-heating heat transfer.
The refrigerant properties are evaluated by the NIST Standard Reference Database REFPROP 10.0
(Lemmon et al. 2017).

3. ANALYSIS OF THE EXPERIMENTAL RESULTS

The experimental results include 102 R1234ze(Z) data points and 93 R1233zd(E) data points at the
saturation temperatures of 30, 35 and 40 °C. Table 3 summarises the operating conditions in the
experimental tests. The uncertainty analysis carried out according to Kline and McClintock (1953) evidences
a maximum expanded uncertainty (k = 2) within ±12% for the boiling heat transfer coefficients of both the
refrigerants tested.

Table 3. Operating conditions during experimental tests
Fluid

Runs

Tsat (°C)

Xin

Xout

Tsup (°C)

Gr(kgm -2s-1)

q (kW m -2)

R1234ze(Z)

102

29.9–40.2

0.19–0.26

0.79–1.00

4.7–10.3

12.6–62.3

2.7–21.6

R1233zd(E)

93

29.9–40.2

0.19–0.25

0.80–1.00

4.7–10.6

10.8–50.0

2.3–15.5
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BOILING HEAT TRAN.COEF.(W m -2K-1)

Xout=0.80

Xout=1.00

DTsup=5°C

DTsup=10°C

10000
Tsat= 30°C

1000
HFO1234ze(Z)

100
1

10

100
-2

HEAT FLUX (kW m )

Figure 3a: R1234ze(Z) boiling heat transfer coefficient vs. heat flux at 30 °C

Fig. 3a and 3b, 4a and 4b show the boiling heat transfer coefficients hr vs. heat flux q and outlet
conditions (0.8 and 1.0 vapour quality and 5 and 10 °C vapour super-heating) for R1234ze(Z) and
R1233zd(E) at 30 and 40°C of saturation temperature, respectively. It should be noted that in each
tested outlet condition the vapour quality change is almost constant, therefore in each experimental
run there is a direct relationship between heat flux q and mass flux G and it is difficult to separate
the two contributions. The saturated boiling heat transfer coefficient of R1234ze(Z) resulted 1722% higher than those of R1233zd(E) under the same operating conditions. The saturation
temperature / pressure has weak effects on heat transfer coefficients that are controlled mainly by
the heat flux / mass flux and by the thermodynamic state of the vapour (saturated or super-heated)
at the outlet of the evaporator.

BOILING HEAT TRAN.COEF.(W m -2K-1)

Xout=0.80

Xout=1.00

DTsup=5°C

DTsup=10°C

10000
Tsat= 30°C

1000
HCFO1233zd(E)

100
1

10

100
-2

HEAT FLUX (kW m )

Figure 3b: R1233zd(E) boiling heat transfer coefficient vs. heat flux at 30 °C
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100
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Figure 4a: R1234ze(Z) boiling heat transfer coefficient vs. heat flux at 40 °C

The saturated boiling tests with an outlet vapour quality around 0.8 and 1.00 showed heat transfer
coefficients with rather limited difference, within 1 – 2 % for both the refrigerants tested.
Differently, a progressive degradation of the heat transfer coefficients can be observed when
increasing the outlet vapour super-heating, particularly for refrigerant R1234ze(Z). A penalisation
of 11-16 % and of 4 – 9% is observed at 5 °C of outlet super-heating for R1234ze(Z) and
R1233zd(E), respectively, while the penalisation increases up to 38 – 44% and 12 – 19% at 10°C
of super-heating, for R1234ze(Z) and R1233zd(E), respectively. This penalisation is due to the
degradation of the local heat transfer in the evaporator downstream the dry-out point / line. A
specific IR thermography analysis was carried out for studying the effects of dry-out and vapour
super-heating on the heat transfer coefficient in the evaporator.

-2 -1

BOILING HEAT TRANS.COEF.(Wm K )

Xout=0.80

Xout=1.00

DTsup=5°C

DTsup=10°C

10000
Tsat= 40°C
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100
1

10

100

HEAT FLUX (kW m-2)

Figure 4b: R1233zd(E) boiling heat transfer coefficient vs. heat flux at 40 °C
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Figure 5a: IR thermography during R1234ze(Z) boiling tests at 30 °C with 6 kWm-2 of heat flux.

The flank of the BPHE evaporator was filmed by an IR thermo-camera (temperature uncertainty
(k= 2) = 0.1 °C in the temperature range 5 – 150 °C) to identify the dry-out point / line and to
quantify the boiling portion (two-phase heat transfer) and the vapour super-heating portion (gas
single-phase heat transfer) of the heat transfer surface area. Fig. 5a and 5b show the IR
thermography of the BPHE in the vaporisation tests at 30°C at different vapour outlet conditions
(0.8 and 1.0 vapour quality and 5 and 10 °C vapour super-heating) with a heat flux of 6 kWm -2 for
R1234ze(Z) and R1233zd(E), respectively (the dotted line indicates the BPHE profile). In the
saturated boiling tests (0.8 and 1.0 outlet vapour quality) the heat transfer area appears in blue
colour which involves two-phase heat transfer at a saturation temperature around 30 °C. In the
boiling tests with 5 °C of outlet vapour super-heating around 30-40% and 20-30% of the heat
transfer area, for R1234ze(Z) and R1233zd(E) respectively, assumes a yellow-green colour which
corresponds to vapour single-phase heat transfer around 35 °C.

Fig. 5b: IR thermography during R1233zd(Z) boiling tests at 30 °C with 6 kWm -2 of heat flux.
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Fig. 6: Experimental vs. calculated saturated boiling heat transfer coefficients .

Increasing the outlet vapour super-heating up to 10 °C, around 50-60% and 40-50% of the heat
transfer area, for R1234ze(Z) and R1233zd(E) respectively, presents a red colour which indicates
a vapour single-phase heat transfer around 40°C. The increase of the outlet vapour super-heating
from 5 to 10 °C produces a consistent degradation of the average boiling heat transfer coefficient
of the whole evaporator, particularly for R1234ze(Z), while the penalisation is less evident for
R1233zd(E). The IR thermography analysis confirms the results of the heat transfer coefficient
measurements quantifying the portion of the heat transfer area affected by vapour super-heating
downstream the dryout line.
The saturated boiling heat transfer coefficient were compared with the recent model developed by
the present authors for vaporisation inside BPHE (Longo et al., 2015). Fig. 6 shows the
comparison between the experimental saturated boiling heat transfer coefficients and the
calculated values by the new model: the absolute mean percentage deviation between calculated
and experimental data is 14.6 % and 12.1% for R1234ze(Z) and R1233zd(E), respectively. All the
experimental data points fall into the convective boiling heat transfer regime.

4. CONCLUSIONS
This paper presents the boiling heat transfer coefficients of R1234ze(Z) and R1233zd(E) inside a
commercial Brazed Plate Heat Exchanger (BPHE): the effects of heat flux / mass flux, saturation
temperature / pressure, outlet conditions and fluid properties are investigated. R1234ze(Z) and
R1233zd(E) are two innovative low-GWP refrigerants particularly interesting as substitutes for
traditional working fluids in HTHP and ORC applications.
The boiling heat transfer coefficients are controlled by heat flux / mass flux and evaporator outlet
conditions and, in general, they belong to the convective boiling heat transfer regime both for
R1234ze(Z) and R1233zd(E). The vapour-superheating at the outlet of the evaporator produces a
degradation of the average boiling heat transfer coefficient in the whole evaporator, particularly for
R1234ze(Z). There is a reasonable agreement between saturated boiling heat transfer coefficients
and the calculated values by a model recently proposed by the present authors. R1234ze(Z)
exhibits boiling heat transfer coefficients higher than those of R1233zd(E) under the same
operating conditions.
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NOMENCLATURE
A
b
BPHE
G
GWP
h
HC
HCFO
HFC
HFO
HTHP
k
L
ODP
ORC
P
q
Ra

area of the plate (m 2)
depth of the corrugation (m)
brazed plate heat exchanger
mass flux (kg m -2s-1)
global warming potential
HTC (W m -2K-1)
hydrocarbon
hydrochlorofluoroolefin
hydrofluorocarbon
hydrofluoroolefin
high temperature heat pump
coverage factor
fluid flow plate length (m)
ozone depletion potential
organic Rankine cycle
corrugation pitch (m)
heat flux (W m -2)
roughness (ISO4271/1) (m)

Rp
T
U
W
X

roughness (DIN 4762/1) (m)
temperature (K)
overall HTC (W m -2K-1)
width of the plate (m)
vapour quality

Greek symbols

angle of the corrugation (°)
Subscripts
boil boiling
in
inlet
out outlet
r
refrigerant
sat saturation
sup super-heat
w
water
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ABSTRACT
Industrial refrigeration uses ammonia unit coolers for the principle processes of conservation and
freezing of foodstuffs. This paper describes the recent evolution of a unit cooler for NH3 application,
aiming to lower the refrigerant charge. The main topics are the use of small tube diameter (1/2”), a
new concept of refrigerant distribution, a new methodology of performance calculation, aiming to
operate with reduced fluid charge. In fact, the revised construction allows operation with a very
limited recirculation ratio number, from the typical 3-4 down to values of 1.8 with major containment
of the ammonia charge in the unit cooler and consequently within the entire plant. The article
describes the basis of the configuration, the experimental activities carried out to optimize
performance and the final product arrangement.
Keywords: ammonia (refrigerant), dry expansion evaporator, evaporator, flooded evaporator, heat
exchanger, NH3 (refrigerant), refrigerant charge

1. INTRODUCTION
Since the beginning of refrigeration, ammonia has been judged as one of the best working fluids for
medium-large scale refrigeration plants, mostly due to its favourable thermodynamic properties
(critical pressure and temperature, molecular complexity and mass): typically, a flooded ammonia
system is significantly more efficient than its traditional refrigerant counterpart. Moreover, ammonia
has other advantageous characteristics, including low specific cost and good heat transfer
properties.
More recently, well known environmental issues have given a strong boost to the adoption of
“natural” refrigerants, including ammonia, since they are the most environmentally friendly
refrigerants, exhibiting both GWP (Global Warming Potential) and ODP (Ozone Depletion Potential)
equal to zero.
However, all ammonia systems have to be designed with safety in mind, since the fluid is a toxic
refrigerant, and it is also flammable in certain concentrations. That is why it must be handled with
care: in particular, it is of primary importance to reduce the ammonia charge.

2. THE NEW RANGE OF LU-VE INDUSTRIAL AMMONIA UNIT COOLERS
2.1.

Design philosophy

The concept, introduced to the refrigeration industry by LU-VE is to adopt compact heat exchanger
geometries, achieved by:
•
•

tube diameters lower than conventional solutions (½" vs. ⅝")
louvered, high efficiency fins

This enables the mass, volume and weight of the heat exchanger to be minimized and increases
economic competitiveness. In the particular case of flooded ammonia unit coolers, this concept
brought about a dramatic reduction of the internal volume of the coil, and consequently of the
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ammonia charge. Moreover, given the high heat transfer coefficients achievable by adopting proper
mass velocity and heat flux in the tubes, a large spacing (55 mm) in both row and tube is adopted.
This not only gives an optimized heat balance between internal and external surfaces of the
exchanger, but also offers a proper large surface for frost deposition. Another relevant feature of LUVE ammonia unit coolers is the co-current flow arrangement, which enables the most favourable airammonia temperature differences across the heat exchanger and facilitates oil discharge thanks to
top feeding.
2.2.

The new development: low recirculation rates

Conventional evaporators are designed for a recirculation ratio (defined as the ratio between the
actual inlet flow rate and the flow rate of generated vapour) of around 4-5. The reason for adopting
such high values is based on the need to ensure a correct, nearly uniform, flow distribution among
the various circuits and to obtain high internal heat transfer coefficients by means of relatively high
mass velocities. However, there are substantial advantages in lowering the ammonia recirculation
ratio in the unit cooler:
•
•

lower ammonia mass in the evaporator
lower flow rates (energy saving in circulation pump, smaller inlet piping and collector
diameters, etc.)

The research described in this paper aims to investigate whether it is possible to preserve high unit
cooler performance also at low recirculation rates, by the correct selection of circuits and orifices.
The research activity was performed in two steps: (i) experimental activity on two unit coolers, with
the same coil but with different circuit arrangement - one representative of current production, the
other designed for low recirculation rates - and (ii) development of a computational tool, able to
predict the complex fluid-dynamic and thermodynamic phenomena occurring in a real ammonia unit
cooer.

3. EXPERIMENTAL CAMPAIGN
3.1.

Test set up

The tests were performed at the Danish Technical Institute (DTI). The test set up is represented in
Fig. 1: it is possible to vary the operating conditions (air temperature, evaporating temperature,
ammonia flow rate) to investigate the evaporator capacity variation with these variables. In particular,
as discussed below, the ammonia flow rate was varied (and therefore the recirculation rate) for fixed
air and evaporating temperature.

Figure 1: Diagram of DTI ammonia test plant.

Figure 2: Additional probes.

Three sets of measurements are used to (i) identify the thermodynamic cycle, (ii) verify the
temperature uniformity of the air at evaporator inlet, (iii) calculate the evaporator capacity.
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The capacity can be computed by two methods: (i) the product of the vapour mass flow rate by the
enthalpy difference between saturated vapour and liquid and (ii) the energy balance of the climatic
room, given by sum of the electrical power of contrast heaters and thermal power entering the
climatic room through the insulated walls. The test is done in steady-state conditions and all
quantities are integrated vs time for the test duration (about 30 min). The measure of the liquid flow
rate is used to calculate the recirculation rate. Some additional measurements were performed, as
depicted in Fig. 2: three differential pressure measurements, located on the upper, medium and top
circuit and two temperature measurements, located at the exit of the bottom and top circuit.
Through measurements and calculation pressure test connections permit the evaluation of the
pressure drops in the nozzles and along the circuits of the top circuit and the bottom circuit. From
these it is possible to assess the mass flowrate distribution through the circuits.
The temperature measurements permit the evaluation of whether superheating occurs at the outlet
of the top and bottom circuit.
3.2.

Results in term of capacity vs flow rate

The tests were performed on two unit coolers (current production and low recirculation one, see
Table 1), at two different operating conditions:
•
•

“High Temperature”: Evaporating Temperature= -8°C, Air Temperature = 0°C
“Low Temperature”: Evaporating Temperature= -30°C, Air Temperature = - 22°C
Table 1. Main features of the tested evaporators – C = current design, N = new design.

Tube arrangement
Number of tubes
Number of rows
Tube length
Pipe outer diameter
Pipe inner diameter
Tube spacing
Fin spacing
Fin thickness
Pipe material
Fins

In line
14
8
1600
13.45
12.45
55x55
7.5
0.3
AISI 304
Aluminium

mm
mm
mm
mm
mm
mm

Evaporation temperature
-8/-30
°C
ETD (Tair,in - Te)
8
°C
Design circ. rate (n)
4(C)/2(N) [-]
Air flow
15514
m³/h
Air face velocity
3.285
m/s
Air inlet temp.
0/-22
°C
Number of circuits
11(C)/7(N) [-]
Tube coil volume
22.98
dm3
Liquid header vol.
0.38
dm3
Suction header vol.
0.54
dm3
total volume
23.90
dm3

Results are represented in Fig.3, respectively at high and low temperature, as a function of the inlet
flow rate.

Figure 3: Capacity (referred to the design value at low temp.) vs ammonia flow rate for the two tested
evaporators: (left) high temp. (-8°C) and (right) low temp. (-30°C). Numbers refer to the recirculation
rate. For points inside the dotted circle superheating at the outlet of the upper circuit was found.
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As expected, in all cases there is a value of flow rate which maximizes the capacity. At lower flow
rates the capacity decreases, both because the heat transfer coefficient decreases with mass
velocity and because the flow distribution experiences increased variations between top and bottom
circuits. At higher flow rates the increase of pressure drops caused by large velocities inside the
tubes more than counterbalance the increase of heat transfer coefficient. The design flow rate results
from the best compromise between these two effects. The measured performance is well predicted
for the current production evaporator: actually, the measured capacity reaches its maximum at flow
rates slightly larger than the design one, at values of recirculation rate of about 4.8. The new model
reaches similar or even higher capacities at flow rates much lower than in the previous case. The
capacity remains high in a wide range of recirculation rates, say between 1.5 and 3, thus offering a
good performance in a real plant operation, where the capacity can vary for a variety of situations.
The capacity decrease at very low rates is well detected by the temperature measurement at the exit
of the top circuit (Fig. 4), which shows the occurrence of superheat in the top circuit: the temperature
increases above the evaporation temperature when the pressure drop across the heat exchanger
becomes close to the hydrostatic pressure of liquid column in the inlet collector. Fig. 4 depicts also
the total (orifice + circuit) pressure drop across the evaporator, at high and low evaporating
temperature respectively. At equal flow rate, pressure losses are larger for the low temperature case,
due to lower densities of the ammonia vapour.

Figure 4: Total pressure drop (solid line) and temperature (dot line) at the end of the top circuit as a
function of the inlet mass flow rate. Data refer to the “new evaporator” tested at: (left) high
temperature (evaporation temp. = -8°C) and (right) low temperature (evaporation temp. = -30°C)

3.3.

Defrost test

Defrost test were carried out to verify that the amount of hot gas flowing inside the heat exchanger
was sufficient to perform a satisfactory defrosting also with the new arrangement, with fewer, longer
circuits. Fig. 5 describes the flow pattern during defrosting: hot gas enters the tray and then flows
inside the exchanger pipes. During the defrost tests the temperature measurements at the outlet of
top and bottom circuits of the evaporator were used to detect real end of defrost.
Fig. 6 describes stages of the defrost test procedure. At the beginning a pump down stage is
performed for 15 minutes; the liquid line and the fan are shut off while the compressor is running.
Then a soft stage of 5 minutes starts, where defrost is initially performed by a small amount of hot
gas. Looking at Fig. 6, it is possible to understand that during this stage the heat introduced is used
to bring the evaporator near to the temperature of ice melting. The core part is the 23 minutes hard
stage which lasts longer than needed. Indeed from Fig. 6 it is possible to assess that ice melting
ends after 5 minutes of hard stage, which means a total time of 10 minutes of defrost. Finally, there
is a 5-minute dripping stage; the liquid line is open while the fan is still shut off. The measured defrost
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efficiency, defined as the ratio between the ideal/real heat required to complete defrost, was as high
as 91%.

Figure 5: Flow arrangement
during defrost

Figure 6: Various stages of the defrost procedure

4. CALCULATION MODEL
The fluid-dynamic and thermodynamic phenomena occurring in a real ammonia flooded evaporator
are complex, given that each circuit experiences different heat fluxes, flow rates, vapour qualities at
the exit, etc. In the attempt to develop a computer code capable of simulating the performance of
such a complex component, the following approach is followed.
1. In order to account for differences among the various circuits, the heat exchanger is divided
into five groups of parallel circuits, each group being characterized by a different hydrostatic
head.
2. Each circuit is then discretized into 10 sections, following the evolution of fluid quality,
pressure, heat transfer coefficient, etc.
3. The distribution of mass flow rate through each group of circuits is calculated by equating the
overall pressure change (hydrostatic head + nozzle + heat exchanger tube) between inlet
and outlet.
4. Given the mass flow rate for each circuit, the evolution of the heat transfer coefficient along
the tube is calculated.
5. When the convergence is reached, it is possible to calculate the energy and mass balance
of the whole evaporator.
The problem is solved through two main iteration loops: (i) an external loop, changing the overall
pressure drop across the evaporator until the total ammonia mass flow rate is found and (ii) an
internal loop, changing the mass flow rate through each circuit until the calculated pressure drop
match the value set in the external loop of the previous point.
Empirical correlations are used to calculate heat transfer coefficient and pressure drops along the
heat exchanger.
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Figure 7: Schematic of the flooded evaporator

Figure 8: Flow pattern map by model of L. Wojtan
et al. assumed as basis for the present calibration.

Relation between heat transfer coefficient, mass velocity, vapour quality and heat flux are derived
by L. Wojtan et al. (2005), using the flow regime map by L. Wojtan et al. (2005) (Fig. 8), with an
additional coefficient calibrated to fit the experimental data.
Relation between two-phase fluid mass flow rate and pressure drop across the nozzle is derived
from CFD calculations, validated by the test with reasonable accuracy. Pressure drops along the
heat exchanger tube are calculated with the Lockhart-Martinelli correlation (Fig. 9).

Figure 9: Comparison between experimental data and adopted correlation for predicting pressure drop
across the circuit vs average mass flow rate for circuit.

A comparison between the predicted and the measured cooling capacity is given in Fig. 10 for the
7 circuits heat exchanger operated at high and low temperature.
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Figure 10: Comparison between experimental and calculated cooling capacity, (left) high temperature
and (right) and low temperature cases.

Since the simulation code yields complete information about the velocity field and the vapour quality
inside the evaporator, it is possible to calculate the distribution of outlet quality, flowrate and capacity
for each circuit (Fig. 11) as well as the void fraction distribution in the heat exchanger, thus calculating
with fair accuracy the ammonia charge in the evaporator. As is well known, the charge increases
with the recirculation rate.

Figure 11 Influence of low and optimum recirculation ratio on outlet quality and capacity: at low
recirculation ratio there is uneven flowrate distribution which causes superheat in the top circuits
with the consequent capacity loss.

The next table shows an example of these results, giving a comparison of ammonia charges of new
and current production evaporator.
Table 2. Ammonia charge in LU-VE flooded unit cooer.

High temperature
Low temperature

New unit cooler (7 circuits)
NC = 2
2.3
1.7

Current unit cooer (11 circuits)
NC = 4.8
3.0
2.1
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If the ammonia charge/capacity ratio found in the present paper is compared with conventional
flooded evaporators, as the ones described by J. Kristofersson et al. (2017) in a recent paper, we
find the results described in table 3.
Table 3. Comparison between a conventional unit cooler and a LU-VE low-charge unit cooler in term
of charge/capacity ratio.

Ratio between liquid
holdup and capacity
[kg/kW]

Conventional
unit cooler
(Tube Ø ⅝" NC=4)

LU-VE
present production
(Tube Ø ½" NC=4)

LU-VE
new model
(Tube Ø ½" NC=1.8)

0.23

0.10

0.077

We find that LU-VE current production, mainly due to the adoption of a smaller tube diameter,
exhibits a reduction of over 50% of ammonia charge for equal capacity versus a conventional unit
cooler. The adoption of lower recirculation rates reduces this value for a further 20%.

5. CONCLUSIONS
The future of industrial refrigeration using NH3 as refrigerant has to put the reduction of fluid charge
as a main priority. A fundamental contribution is coming from the use of low charge unit cooler
design. Efficient heat transfer geometry, with small tube diameter (1/2”), combined with low
recirculation rate (1.8) is the solution described in the present paper. An intensive redesign activity
coupled with experimental results allowed the reduction of the ratio between liquid holdup and
capacity [kg/kW] by 67% compared to conventional unit coolers.
Adopting low recirculation rates is beneficial not only in terms of reduced charge, but also in reducing
cost and energy consumption of pump and piping.
The R&D activity continues, aiming to further investigate the possibility of reducing the ammonia
charge in the heat exchangers.
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ABSTRACT
This paper discusses the design of a test rig used to simulate thermal cycling of drive motor
components immersed in transmission fluid used in hybrid electric vehicles. Unique challenges are
encountered in this thermal test due the extreme change in viscosity of the fluid between high and
low temperature (150°C and -20°C, respectively) as well as the need to simulate powering of the
components while undergoing cycling. Addressing the unique challenges requires specific attention
to refrigeration system design and control, heat exchanger selection and configuration, fluid pump
selection and control, and electrical powering of the motor components. The paper provides details
of the test rig and discusses the challenges encountered and specific solutions implemented, with
the objective of providing a useful insight for the design of other test rigs for temperature cycling with
high-viscosity fluids, especially for the testing of hybrid electric vehicle components.
Keywords: Thermal cycling; harshness testing; system design; heat exchanger configuration; pump
selection; electric vehicle components

1. INTRODUCTION
Interest in hybrid electric vehicles has expanded in recent years. With the greater demand of hybrid
electric vehicles comes the development of specialized components for the vehicles, such as the
components of the electric motors to power the vehicle. Motor components in this application may
be subject to more extreme thermal conditions than motors in more conventional industrial
applications. For example, a vehicle motor that is exposed to low ambient temperatures during winter
while the vehicle is not in operation before being rapidly brought to full power when the vehicle is
first used would see a very rapid rise in rate of heat dissipation and thus temperature; repeated
thermal cycling of this type over many years can wear down some of the materials used in the
electrical components. Thus, it is desirable to perform accelerated thermal harshness testing on such
components in order to understand the possible effects of these repeated, rapid temperature swings.
Previous studies have reported on the design of thermal cycling facilities for accelerated thermal
harshness testing of refrigeration and air-conditioning components (e.g. Wilson and Bowers, 2014;
Lawrence et al., 2018). However, these studies focus mainly on thermal cycling of common
components in refrigeration systems familiar to refrigeration and air-conditioning engineers and
generally under less extreme operating thermal swings. The present study focuses on harshness
testing in a different application with a very different working fluid (oil-like fluid in this case) and a
different type of component undergoing test.
This paper discusses the design of a thermal cycling facility for testing of components used to power
hybrid electric vehicles between high temperature (in the range of 100 to 200°C depending on
requirements of test) and low temperature (-20 to 0°C depending on requirements of test) while
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immersed in transmission fluid (oil). The unique design challenges presented by the requirements of
this test are discussed, and the implemented solutions to address these challenges are described.
A brief description of the facility and sample data from the testing are presented. The intent of this
paper is to present ideas for design aspects of thermal cycling facilities for electric vehicle
components in the expectation that more testing of this type would be needed as the demand for
electric vehicles increases.

2. FACILITY DESIGN
2.1 Overall System Concept
Fig. 1 shows a basic schematic of the system. The test pieces were held in separate containers that
were filled with the oil, with oil circulated through the each container throughout testing. Cooling was
provided by a refrigeration circuit integrated into the test rig; the refrigerant was used to cool the oil,
which was then used to cool the test pieces to the desired temperature. Heating was accomplished
by extending the three phase leads of the test pieces outside the oil holding containers and providing
the proper power to the leads; movement of oil was also required during the heating phase in order
to prevent the oil directly in contact with the test piece from overheating. In the specific facility
implemented as part of this study, multiple pieces were tested simultaneously, and the system was
configured such that half of the test pieces were undergoing cooling while the other half was
undergoing heating, with valves allowing each test piece to switch between heating mode and
cooling mode; this allows for lower capacity (smaller) equipment for the refrigeration system and
lower power (smaller) equipment for heating.

Fig. 1: Schematic of facility for accelerated thermal harshness (cycling) of hybrid vehicle electric
motor components immersed in transmission fluid (oil)

Some tuning of the controls was necessary in order to achieve stable operation. For example, the
cooling capacity of the refrigeration system had to be adjusted to match the rate at which heat could
be removed from the electric test pieces. It is desirable to have as high of cooling capacity as allowed
by the tests in order to accelerate testing and make the temperature swings as harsh as possible.
However, the cooling capacity is limited by the rate at which the oil can remove heat from the test
pieces; if the capacity of the refrigeration system is too high, the oil will be cooled too quickly and
become too viscous to pump, resulting in reduced or no oil flow, before the test pieces reach their
desired low temperature point. Additionally, the moderate change in density between high and low
temperatures as well as the shifting of oil between containers between heating and cooling cycles
causes changes in oil level in the holding containers, meaning that proper monitoring of oil level in
each container must be implemented to ensure that each test piece is covered with the proper
amount of oil throughout testing.
2.2 Design Challenges
The most significant challenge to meeting the testing requirements is pumping of the transmission
fluid (oil) over the large range of temperatures. The variation in hydraulic properties with temperature
of an oil are in general significantly larger than for water. Fig. 2 shows the variation of the dynamic
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viscosity and density of common engine oil over the range of temperatures from 0 to 100°C (data
obtained from Incropera et al., 2007). It can be seen that while the density of the oil varies by around
6 % over the temperature range, the dynamic viscosity varies by over two orders of magnitude. For
comparison, water at 20°C has a dynamic viscosity of about 1.0 mPa s and varies by a factor of
about 6 between 0 and 100°C, which is significant but not nearly as significant as for oil. Detailed
data on the properties of the oil used in these tests was not available. However, properties at several
points were available; the oil used in the tests had a specific gravity of about 0.84 at 20°C, dynamic
viscosities of about 30 mPa s and 12100 mPa s at a temperatures of 40°C and -40°C, respectively,
and a pour point of about -50°C.
1000
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Fig. 2: Variation of dynamic viscosity and density with temperature of common engine oil (data from
Incropera et al., 2007)

Heating of the electrical components also presents a challenge in this test. In the actual application,
the oil would essentially act as a coolant for the electric drive components, meaning that the
components would be at higher temperature than the oil during operation. This means that the heat
to raise the temperature of the electrical components should come from the electrical components
themselves. As the components are not actually being used as a drive system, all power going into
the components during the test can only be dissipated as heat as opposed to being used to propel
a vehicle. However, the electrical drive components themselves are essentially long pieces of copper
with very low electrical resistance, meaning that very low-voltage, high-current power, which is not
commonly available in industrial applications, must be provided to them.
2.3 Fluid Pump Selection and Considerations
Selection of suitable pumps for moving the oil throughout heating and cooling cycles is essential for
proper long-term testing. Different types of pumps have advantages and disadvantages that make
them each suitable for use with different fluids and systems. However, given the extreme change in
fluid properties in this system (specifically viscosity) between high and low temperatures, it was found
that different types of pumps were needed to move the oil at different temperatures.
High viscosity fluids are probably best moved with a positive displacement pump, such as
diaphragm, screw, piston (pneumatic diaphragm), or gear pumps, as shown in Fig. 3. Diaphragm
pumps were chosen because of their ability to meet greater pressure head requirements than some
other positive displacement pump options. One difference between diaphragm pumps and other
common pumps is that diaphragm pumps are powered by compressed air rather than a motor,
meaning that a reliable, continuous, and dry compressed air source must also be installed. With a
regulated air pressure used to power the pump, the flow rate of the pump then depends on the
required pressure head of the pump, which of course varies significantly as viscosity (temperature)
changes; it was estimated that the flow rate of oil at the start of cooling was around 0.8 L s-1 but had
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dropped to less than 0.2 L s-1 by the end of the cooling cycle (lowest temperature); these flow rates
corresponded to estimated pressure heads of over 3 bar at the start of cooling cycle and over 5 bar
at the end of cooling cycle based on the manufacturer provided pump curve. It was found that nitrile
rubber diaphragms were the best material to use in the diaphragm pumps. While PTFE is generally
regarded as one of the most compatible plastics for a very wide range of applications, it was found
that diaphragm pumps with PTFE diaphragms did not work well at low temperature; it was suspected
that the PTFE diaphragms became too stiff while attempting to pump the very viscous, lowtemperature oil, and the air pressure was not enough to move the diaphragm, resulting in a loss of
oil flow while cooling the test pieces.
(a)

(b)

(c)

Fig. 3: Examples of different types of positive displacement pumps: (a) diaphragm pump, (b) gear
pump, and (c) pneumatic diaphragm pump

On the other hand, the rubber diaphragms used in the diaphragm pumps are generally not rated for
use with high-temperature fluids, such as the oil reaching around 100°C during heating in these
tests. For this reason, a separate selection of pump was made to circulate oil during heating mode.
Pumps designed to move high-temperature oil often come in the form of gear pumps, as selected in
this facility. In order to ensure that a pump is suitable for use with high temperature fluid, the pump
head (gears and housing) should be able to operate at the elevated temperature of interest with
suffering accelerated wear; steel gears and housing, as used in the selected pump, are suitable for
high temperature and would not be expected to suffer significantly accelerated wear at oil
temperatures up to 100°C (selected pump was rated up to 190°C). Additionally, the pump head
should be sufficiently separated from the motor such that the high heat from the high temperature oil
does not influence motor temperature, such as for the pump shown in Fig. 3(b).
In theory, a gear pump could also have been used to pump the oil at low temperature. The gear
pump selected for this system was sized to maintain around 50 K of temperature difference between
oil and test piece, with an estimated flow rate of around 0.25 L s-1. A feature of a gear pump that is
useful in many applications is that the flow rate of a gear pump varies primarily with pump speed but
is not a strong function of pressure head, as long as it operates below its maximum pressure head
(275 kPa differential in this case); this means that oil flow rate is expected to remain relatively
constant during the heating period even while the oil temperature varies by upwards of 100 K or
more. However, if this same pump were used to pump the oil during cooling mode, the much
increased viscosity would result in excessive pressure drop and overloading of the pump motor; as
noted above, it is estimated that at least 5 bar of pressure head is needed to pump the oil at the end
of the cooling cycle. Alternatively, a much larger gear could be used, with the speed controlled as a
function of oil temperature; however, tuning the controls for such a solution would not necessarily be
any less complex than using separate pumps for different oil temperatures.
2.4 Thermal and Hydraulic Considerations for Heat Exchanger Selection
A common choice for a liquid to two-phase refrigerant heat exchanger, such as the evaporator in
this system, is a brazed-plate heat exchanger. The high viscosity of the oil at low temperature
necessitates a very large flow area for the oil in order to reduce pressure drop, meaning a very large
number of plates. While it is difficult to accurately predict pressure drop through a brazed plate heat
exchanger, even for single-phase fluids, it is clear that an undersized evaporator could severely limit
the oil flow rate and thus capacity of the system. In order to see the effect of viscosity on pressure
drop, the Reynolds number must be determined. For turbulent flow in a smooth tube (as would be

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

758

the case for the oil at high temperature), the pressure drop is proportional to the friction factor, which
is commonly approximated as being proportional to the Reynolds number to the -0.25 power, as
shown in Eq. (1) (Munson et al., 2006). On the other hand, for laminar flow as may be the case for
oil at low temperature, the friction factor is inversely proportional to the Reynolds number, as shown
in Eq. (2). The dynamic viscosity of the oil increases exponentially to 12100 mPa s as temperature
decreases down to -40°C; while the tests do not run down to -40°C, it can be assumed that the
dynamic viscosity is still at least 1000 mPa s at the end of the cooling cycle. Thus, for the lowest oil
temperature (approximately -20°C), the Reynolds number for a 25 mm ID tube was estimated to be
on the order of 300, which is clearly in the laminar regime. This demonstrates that the very high
viscosity will have an even more pronounced effect at the lowest temperatures experienced in this
system. While this analysis was performed for a round-tube, the same trends would still be expected
to apply for a brazed plate heat exchanger, which again highlights the need to use caution and not
allow the evaporator to limit the oil flow rate and thus cooling capacity of the system.
Turbulent Flow: ∆𝑃 ~ 𝑓 ~ 𝑅𝑒 −0.25 ~ 𝜇0.25

Eq. 1

Laminar Flow: ∆𝑃 ~ 𝑓 ~ 𝑅𝑒 −1 ~ 𝜇

Eq. 2

On the other hand, using a very large heat exchanger to accommodate the high viscosity of the oil
will make the evaporator significantly oversized for the capacity of the refrigeration system, meaning
that depending on heat exchanger orientation, refrigerant-side thermal performance may be
negatively impacted due to very low refrigerant velocity or maldistribution of refrigerant liquid. More
specifically, the evaporator in this system had a heat transfer area of about 6.8 m 2, allowing for well
over 50 kW of heat transfer (assuming an effective temperature difference of 20 K and an overall
heat transfer coefficient of 500 W m-2 K-1 or more), while the refrigeration system had an average
capacity of approximately 10 kW. This indicates that careful attention must be given to the two-phase
refrigerant-side of the evaporator.
Clearly, it is desirable to have a counterflow configuration between oil and refrigerant for more
effective heat transfer; however, the orientation (whether refrigerant flows upward or downward)
must still be determined. As the oil is liquid throughout the system, uniform distribution among the
parallel plates is not a concern, and the oil can easily flow upward or downward through the heat
exchanger as long as pressure drop is not too high. In terms of the refrigerant compressor oil
drainage and return, it is desirable to have the refrigerant fed into the top of the heat exchanger and
flow downwards; with this orientation, the oil will drain out of the evaporator by gravity. However, this
orientation would require the two-phase refrigerant to be uniformly distributed amongst the parallel
plates; for a properly sized heat exchanger, it is possible that fairly uniform distribution could be
achieved, but for an oversized heat exchanger, it is very unlikely that refrigerant distribution will be
uniform.
Through the course of experiments, it was found that the front half of the evaporator (plates closer
to the inlet and outlet ports) was cold, while the rear half of the evaporator was at ambient
temperature; this indicates that the majority of liquid refrigerant was distributed amongst the plates
in the front of the evaporator, while the rear plates received mainly vapor and thus could not provide
any significant cooling capacity, as shown in Fig. 4. For a refrigerant-to-glycol or refrigerant-to-air
heat exchanger, this would result in reduced cooling capacity of the heat exchanger but not a
complete loss of capacity. However, because the oil in this system becomes exponentially more
viscous as the temperature drops, the oil that exchanged heat with the liquid refrigerant was cooled
to very low temperature and high viscosity, while the oil that was in contact with vapor refrigerant
received almost no cooling. This resulted in the oil in the front of the heat exchanger not flowing at
all while the oil the rear of the heat exchanger flowed freely but was not cooled, resulting in little or
no net capacity of the heat exchanger. This is a snowball effect similar to frosting of an evaporator;
when oil in contact with the liquid refrigerant stops moving and evaporator capacity is lost, the
compressor will pull the refrigerant to lower temperature, further cooling the already stagnant oi.
On the other hand, bottom-feed orientation will allow liquid to sit in the inlet header at the bottom of
the plate, and with sufficient charge in the system to fill most or all of the inlet header with liquid, all
plates should receive a sufficient and mostly uniform amount of liquid, as shown in Fig. 4. In this
case, an oil return line between the evaporator inlet and the accumulator is necessary; this will result
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in a slight capacity loss for the system, but this can be easily countered with a few percent higher
compressor speed. It was found through the course of experiments that the bottom-feed orientation
did provide the desired performance.

Fig. 4: Side view of brazed-plate evaporator diagraming refrigerant distribution and oil flow for topand bottom-feeding of refrigerant

An alternative option, not employed in this study, would be to use a ‘dual circuit’ brazed-plate heat
exchanger with a total of three independent circuits. The evaporator could then be configured in such
a way that the oil is given two circuits and the refrigerant a single circuit to flow through; this would
then yield double the flow area for oil compared to refrigerant and better match extreme difference
in viscosity between the two fluids. Additional heat exchanger types, such as a concentric tube heat
exchanger with significantly larger annular area for the oil than inner tube area for the refrigerant,
are also options; however, it is difficult to find other heat exchanger designs that offer the
compactness of a brazed plate heat exchanger.
2.5 Solution for Powering of Electrical Test Pieces
As noted above, it is desirable to have the electrical test pieces act as the heating elements during
the heating cycle; as the pieces, when not being used as an actual motor, are essentially long pieces
of copper with low electrical resistance compared to actual electric heating elements, low voltage
power must be provided to them at very high current in order to achieve the desired heating power.
DC power supplies are generally set up to be able to provide low-voltage, high-current power.
However, it was desirable to use a form of three phase power so that each phase of the test piece
received the same current; a configuration of constant DC power in which all three phases of the test
piece receive the same current could not be identified. A VFD, adjusted to output very low voltage,
would be capable of providing the necessary power; however, the output terminals of the VFD would
need to be sized for the proper current, meaning the VFD would need to be sized for approximately
15 times larger power than it would actually provide in this case. Rather than using a very large,
oversized VFD, a properly sized VFD connected to an industrial transformer with a 20:1 ratio was
used to decrease the voltage and increase the current; this allowed for a lower-cost solution for
providing the same power as a very large VFD.
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3. EXPERIMENTAL DATA
An experimental facility based on the above discussion of design concepts was constructed for
simultaneous testing for 4 electrical test pieces. The experimental results for several cycles are
shown in Fig. 5, with test piece temperature cycling between approximately -10°C and 120°C on 40
minute cycles (completion of both heating and cooling modes).
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Fig. 5: Experimental results for thermal cycling of test pieces between high and low temperatures of
approximately -10°C and 120°C for 40 minute cycles: (a) test piece temperatures, (b) oil temperatures,
and (c) refrigerant temperatures

Test piece temperatures were measured with Type-K thermocouples attached to the surface of the
test piece, while refrigerant and oil temperatures were measured with Type-K thermocouples
mounted on the surface of oil and refrigerant lines. Fig. 5(a) shows the temperature trends of the test
pieces. It can be seen that the test pieces have different temperature profiles during heating mode,
with test piece A having noticeably higher heating ramp rate than B and consequently a period of
time in the second half of the heating cycle where the test piece is powered off. Fig. 5(b) shows the
oil temperatures associated with test pieces A and B as well as the oil temperature into and out of
the evaporator. Fig. 5(c) shows refrigerant temperatures, with compressor and condenser operation
remaining fairly stable while evaporator pressure and superheat vary significantly between the
beginning and end of a cooling cycle.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

761

4. SUMMARY
This paper has presented a discussion of the design of a facility for accelerated thermal harshness
testing (cycling) of hybrid electric vehicle motor components while immersed in transmission fluid
(oil). It has been seen that due to the extreme swings in viscosity of the oil over the range of
temperatures required for the test, careful attention must be given to pump selection (including the
selection of different pumps for different temperature/viscosity ranges) and heat exchanger selection
and configuration. A unique solution for heating of the test pieces was also developed, implemented,
and shown to be effective. The experimental results demonstrated that when implemented in a test
rig, the design solutions presented in this paper are effective at meeting the requirements of the
accelerated thermal cycle testing.

NOMENCLATURE
Symbols and Abbreviations
𝑓
friction factor (-)
PTFE
polytetrafluoroethylene
𝑅𝑒
Reynolds number (-)
𝑇
temperature (°C)

VFD
∆𝑃
𝜇

variable frequency drive
pressure drop (kPa)
dynamic viscosity (mPa s)

Subscripts
A, B
c
cp
e

i
o
r

inlet of component
outlet of component, oil
refrigerant

test piece set A and B
condenser
compressor
evaporator
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ABSTRACT
Vapor compression systems have technical limitations to reduce power consumption and
environmental effects due to chemical refrigerants. Therefore, we are paying attention to a
membrane air-conditioning system using water as a refrigerant. Since there is no chemical
refrigerator and compressor, power consumption of the membrane air-conditioning system can be
greatly reduced and there is no environmental impact such as global warming.
A dehumidifying nanocomposite membrane has been developed. Since this dense membrane has
hydrophilic nanochannel, water vapor can be permeated. Therefore, if a difference in water vapor
partial pressure occurs using a vacuum pump, this membrane can remove moisture from the supply
air.
We built a permeability testing device of the developed membrane. The test cell was placed in a
thermo-hygrostat bath. The flow rate, temperature and relative humidity at the inlet and outlet of the
test cell were measured and recorded. The water vapor permeability through the membrane was
measured to 50 g/m2h/kPa.
The membrane dehumidification module was designed based on this experimental result and
assembled with an IEC (indirect evaporative cooler) module for integrating the air-conditioning
system. The cooling capacity measured up to 1.2 kW. The feasibility of the membrane air
conditioning system has been demonstrated.
Keywords: Non-vapor compression cycle, membrane, dehumidification, indirect evaporative cooler.

1. INTRODUCTION
The amount of energy used for heating and cooling in a residential building is about one third of the
total energy consumed. Global energy consumption for summer cooling is soaring that it is burdening
the power generation each year. Therefore, it is a big issue to reduce the power consumption of the
vapor compression cycle, which is currently responsible for most of the cooling. However, demand
for heating and cooling has also exploded recently. Due to the development of construction
technology, desert and rainforest areas have been expanded to include the residential environment.
The demand for air conditioning equipment of the developing countries in the low-latitude regions
with high temperature and humidity throughout the year has increased explosively with the recent
economic improvement. It is also expected that this trend will become more severe as global
warming causes global climate change. Therefore, the increase in efficiency of existing equipment
alone cannot catch up with the increase in energy consumption in the near future. It is absolutely
necessary to develop innovative non-vapor compression cycle technology in addition to R&D for the
efficiency improvement of existing vapor compression cycle and the development of low GWP
alternative refrigerant.
The US Department of Energy (DOE) has produced a report in 2014 that evaluates performance
and possibility to enter the market by proposing the ten most promising technologies for non-vaporcompression HVAC Technologies and using a variety of analyzes. Among those, the membrane
heat pump can be consisted as a simple system and it is considered that the membrane pump is
most likely to be implemented in a short period of time for us.
Membrane heat pump consists of the membrane heat and mass exchanger and vacuum pumps for
dehumidification and cooling units. The working fluid is water and this system can achieve cooling
and dehumidification without compressor.
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2. EXPERIMENTAL SETUP
2.1.

Preparation of membrane module

In order to fabricate the dehumidification unit of the membrane heat pump, a membrane having only
selectivity for moisture, that is, water passing through without passing air, is essential. More than 30%
of the air-conditioning energy is needed for dehumidification. In countries with high humidity in the
summer, the load for dehumidification is high. Therefore, if the dehumidification is possible with low
energy, the power consumption of the air conditioner can be greatly reduced. Due to recent
advances in nanotechnology, it is possible to develop various types of membranes with water
channels that are both dense and have higher moisture permeability. In this paper, to make such a
membrane, a nanofiber structure having a length similar to or longer than thickness of the membrane
is formed in the polymer membrane to form a moisture-permeable channel through front and back
of the membrane. However, due to the increase in the viscosity of the coating liquid, there is a limit
to the increase of the nanofiber content. There was a limit to improving the moisture permeability
with only nanofiber. In order to overcome this limitation, a new organic/inorganic composite
membrane was developed. A filler(sNF) having a hydrophilic 1D inorganic substance arranged on
the surface of the nanofiber structure was attached.
The plate-type membrane module was constructed as shown in Fig. 1. The membrane was bonded
to a non-woven fabric support and attached to a plastic frame with a vacuum suction port along with
a spacer to secure the air flow. This membrane module is constructed by stacking several membrane
plates and The dehumidification is achieved by the passage of humid air through the gap between
the membrane plates. The removed moisture passes through the vacuum line to the outside.

Figure 1: Membrane module configuration

2.2.

System design of membrane heat pump

Fig. 2 shows the membrane heat pump system schematic diagram. The membrane heat pump
system consists of a dehumidification unit consisting of the membrane module described in Section
2.1 and a cooling unit consisting of Indirect evaporative cooling (IEC) unit. In the dehumidifying unit,
two types of vacuum pumps (dry scroll type and diaphragm types) are connected in parallel. The
IEC consists of a water loop with a spray nozzle and a water circulation pump. The experiment was
conducted in an environment chamber where the temperature and humidity were controlled. And a
high-precision temperature and humidity sensor was installed at three places (inlet and outlet of the
system and the middle point of dehumidification and cooling unit) shown in Fig. 2.
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Figure 2: Schematic diagram of experimental setup

3. EXPEIMENTAL RESULTS
3.1.

Preliminary performance test of dehumidification module

Preliminary experiments were conducted to investigate the basic performance of the
dehumidification module. The air flow rate was fixed at 200 CMH to test the dehumidification
performance and the temperature and humidity condition was controlled at 27oC DB / 19oC WB in
the environment chamber. Vacuum capacity was adjusted by turning on and off several vacuum
pumps. Fig. 3 shows the results of increasing the degree of vacuum up to 215 torr. As shown in Fig.
3, the absolute humidity of the dehumidification unit outlet decreases and the dehumidification
capacity increases to 200 W by operating the vacuum pump.

Figure 3: Capacity and absolute humidity of the dehumidification unit

3.2.

Preliminary performance test of cooling module

Preliminary experiments were conducted to investigate the basic performance of the cooling module.
The air flow rate was fixed at 200 CMH to test the dehumidification performance and the temperature
and humidity condition was controlled at 27oC DB / 19oC WB in the environment chamber. During
the single operation of the cooling module, it was confirmed that there was no significant change in
the absolute humidity of the inlet and outlet of the cooling unit. Although the RH at the outlet of the
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cooling unit increased with the beginning of cooling, the temperature at the cooling unit outlet
decreased to about 20°C close to the indoor wet bulb temperature (19°C).

Figure 4: Absolute humidity and temperature of the cooling unit

Fig. 5 shows the enthalpy and cooling capacity measured under the same conditions. The cooling
capacity was measured to about 350 W.

Figure 5: Enthalpy and Capacity of the cooling unit

3.3.

Integrated performance test

Combining the dehumidification unit and the cooling unit to build an integrated system and measure
the overall system performance. The temperature and humidity condition was controlled at 27oC DB
/ 19oC WB. The capacity was measured while increasing the airflow so that the optimum capacity
was obtained. As the air volume increases, the capacity tends to gradually increase and saturate.
The measured results are shown in Fig. 6. The total capacity was measured up to 1070 W when the
diaphragm vacuum pump was operated and the performance was measured up to 1200 W with the
dehumidification performance increasing when the dry scroll vacuum pump was operated
additionally.
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Figure 6: Capacity and power consumption of integrated system

Fig. 7 shows the result of measuring the cooling capacity by varying indoor humidity. The maximum
capacity was measured by changing the room temperature / humidity to 27oC DB / 19oC WB and
27oC DB / 21oC WB. In high humidity conditions, the performance is reduced to 1100W, which is a
major cause of degradation of IEC module evaporation performance.

Figure 7: Capacity difference according to humidity condition

4. CONCLUSIONS
In this study, a new concept membrane heat pump without a compressor was developed and its
performance was measured. A moisture-permeable membrane was developed to create a
dehumidification module, and a cooling module to which IEC was applied was combined to consist
an air-conditioner.
In the membrane dehumidification module, the dehumidification performance was measured by
operating a vacuum pump. In the cooling module, the cooling capacity due to water injection and
evaporation was measured.
Combined dehumidification and cooling unit to create an integrated system. The integrated system
showed cooling performance up to 1200 W.
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As a result, the feasibility of the membrane heat pump using water as the working fluid was
investigated.
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ABSTRACT
A statistical thermodynamic model is proposed to predict the vapor pressure of mixed liquid
desiccant solutions near saturated solubility by re-quantifying the weight of interactions between all
species in solution. The model considers that charge interaction between ions and non-charge
interaction between all species are still dominant, and charge-dipole interaction between ions and
solvent molecules increases with the increase of solute concentration. Rigorous expressions are
given to calculate the interactions: ion-ion charge interaction is described by modifying the FowlerGuggenheim theory, charge-dipole interaction is expressed by combining the McMillan-Mayer
osmotic coefficient theory with the Debye-Hückel theory, and non-charge interaction is calculated
based on the extended UNIQUAC equation. The prediction accuracy comparison with two typical
models shows that the new model has better accuracy for mixed liquid desiccants near saturated
solubility.
Keywords: Liquid desiccant near saturated solubility, Vapor pressure, Prediction, Statistical
thermodynamic model.

1. INTRODUCTION
As a system to improve humidity control and enhance utilization of low-grade thermal energy, liquid
desiccant cooling systems have received increasingly attention in recent decades (Zhao et al.,
2016). Generally, the liquid desiccants adopted in this system are electrolyte aqueous solutions
near saturated solubility such as lithium chloride (LiCl), lithium bromide (LiBr), calcium chloride
(CaCl2), and their binary-solute aqueous solutions. The vapor pressure difference between liquid
desiccants and air, as the driving force for mass transfer, plays a vital role in the design and
performance evaluation of liquid desiccant cooling systems.
Many thermodynamic models have been introduced to calculate the vapor pressure of liquid
desiccant due to its advantages of lower cost and no complicated experimental work. The DebyeHückel theory (1923) first made it possible to calculate thermal properties of infinite dilution
electrolyte solution. Fowler and Guggenheim (1956) proposed a modified equation and extended
the Debye-Hückel theory to mixed electrolyte solutions. However, only electrostatic interactions are
considered in the Debye-Hückel theory and the modified equation by Fowler and Guggenheim. By
taking into short-range (SR) nonelectrolyte interaction, some models such as the Pitzer model
(Pitzer, 1973) and the e-NRTL model (Chen et al., 1982) do well work in mixed electrolyte systems
in which electrolytes up to a concentration of several moles of solute per kilogram of solvent.
Unfortunately, these typical models do not take in account the charge-dipole interactions between
ions and solvent molecules, which leads to a poor accuracy for liquid desiccant solutions near
saturated solubility in most case. Taking into account charge-dipole middle-range (MR) interaction,
Li et al. (1994) presented a gE model (also known as the LIQUAC model) for electrolyte solutions.
The contributions of MR interaction are dominant in the LIQUAC model. However, in practice,
charge interaction between ions and non-charge interaction should account a large proportion in all
interactions, even in some cases, is greater than that of the charge-dipole interaction.
By considering that ion-ion charge interaction and non-charge interaction between all species are
dominant and charge-dipole interaction increases with the increase of solute concentration, a
statistical thermodynamic model is proposed to predict the vapor pressure of mixed liquid
desiccant solutions near saturated solubility. In the model, the liquid desiccant is treated as a
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nonelectrolyte solution with electrostatic interaction and rigorous expressions for the interactions
between all species are given. Prediction accuracy of the new model is tested and is compared
with two typical models including the LIQUAC model and the e-NRTL model.

2. A STATISTICAL THERMODYNAMIC MODEL
The water activity coefficient can be expressed as the sum of three contributions:
ln  w = ln  wLR + ln  wMR + ln  wSR

Eq. (1)

where  w is activity coefficient of water, ln f represents the contribution of LR charge interaction
between ions, ln f wMR expresses the contribution of MR charge-dipole interaction, and ln f wSR
represents the contribution of SR non-charge interaction.
LR
w

2.1. Determination of ln f wLR

ln f wLR is calculated as a sum of an excess Gibbs energy term and an empirical linear term of ion
strength:
E
 GLR
( RT ) 
ln f wLR = 
+ BLR I m
nw

Eq. (2)

with

Im =

1
 mi zi 2
2 i

Eq. (3)

E
In Eq. (2) and Eq. (3), GLR
is excess Gibbs energy, nw represents the mole number of water, R is
gas constant, T is temperature (K), I m is ionic strength (mol/kg), mi (mol/kg) is the molality of ion
i , zi is the charge number of ion i , weight coefficient BLR is obtained by fitting experimental data.
Considering that the closest approach distances of ions are different, the Fowler-Guggenheim
theory (Fowler and Guggenheim, 1956) is modified to express the excess Gibbs energy based on
the statistical thermodynamic theory:
1
z e 
E
= −   Ni i
GLR
d ( zi e )
Eq. (4)
0
D 1 +  ai
i

where  is defined as
 8 e2 d N

 =  6 w A Im 
 10 DkT


0.5

Eq. (5)

and D is calculated through the following empirical temperature dependent function (Mohs and
Gmehling, 2013)

D(T ) = 289.82 − 1.148T + 0.0017843T 2 − 1.053 10 −6 T 3

Eq. (6)

In these equation, N i is the number of ion i ,  is charging coefficient ( 0    1 ), e is electron
charge ( 4.802 10-10 esu), D is dielectric constant of pure water, ai is the distance of closest
approach of ion i , d w is the density of pure water (kg/m 3), N A is the Avogadro constant, k is the
Boltzmann constant.
By simplifying Eq. (4) and giving it into Eq. (2), ln f wLR can be calculated as
ln f

LR
w


mi zi 2 ALR M w 
1
0.5
0.5
=
+ BLR I m
(1 + bi I m ) − 2ln(1 + bi I m ) −
3
0.5 
I m bi
1 + bi I m 
i


Eq. (7)

where
0.5

1.5

2
 2 N A d w   e 
ALR = 



 1000   DkT 
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bi =

 ai

I m 0.5

Eq. (9)

In Eq. (7), M w is the molecular weight of water (kg/mol).
Based on the experimental data in literatures, closest approach distances ai of all ions i are fitted
and are given in Table 1. Weight coefficient BLR is calculated, which is equal to -0.001553.

i

j

H2 O

LiCa2+
ClBrClBrClBrCa2+
Br-

Li+
Ca2+
Li+
Cl-

Table 1. Adjustable parameters in LR, MR and SR interaction terms
a j /(10b j ,i /(kg/mol) c j ,i /(kg/mol)1.5 d j ,i /(kg/mol)2
ai0, j /K
a 0j ,i /K
10
m)
73.0845 45088.85 347217.69 -60262.03 -754.9211 2192.2936
8.1783 90179.60 694439.14 -120525.17 -2434.664 -405.7248
45.6901 -45080.43 -347222.63 60263.19 -6417.894 -386.2516
2.2437 -45082.54 -347224.81 60263.71 -3045.479 4829.8478
-5348.837 554.5505
1052.2692 1063.7344
-5041.758 -4132.356
506.8548
-2376.33
0
0.3673
0.002708 -6760.786

 ij , w /K
17087.82
33391.56
32173.80
45184.66
-8129.07
107615.9

2.2. Determination of ln f wMR
The calculation of ln f wMR is based on five fundamental assumptions: 1) only charge-dipole
interactions between ions and solvent molecules are considered as MR interactions, 2) only the
solvent molecules near ions have charge-dipole interaction, while the solvent molecules far away
from ions only act as carrier with dielectric constant D to dissolve electrolytes, 3) the McMillanMayer osmotic coefficient theory is applicable to the part of solvent molecules with charge-dipole
interaction, 4) the ionization of solvent molecules is ignored in the calculation of ionic strength and
5) system temperature is constant.
For the assumption 2), parameter h is assigned to denote the proportion of solvent molecules with
charge-dipole interaction in all solvent molecules. According to our previous work, it is more
reasonable to express h as
h=

h1 ln( mi + mref )
i

mw

Eq. (10)

where h1 is weight factor obtained by correlating experimental data and is 0.040364, subscript i
covers all ions, mw (mol/kg) is the molality of water, mref indicates reference molality set to 1
mol/kg.
By combining the McMillan-Mayer osmotic coefficient theory (Pitzer, 1977)
 d  uij ( r ) 
1
gij (r )4 r 3 dr
 − 1= −
i  j 
Eq. (11)

0
dr
6  kT i j
with the Debye-Hückel theory (Debye and Hückel, 1923)

 zi z j e2 exp  (a − r ) 
gij (r ) = g ji (r ) = exp 
Eq. (12)
 DkT (1 +  a)r 


and using Taylor formula and taking first three terms for Eq. (12), and giving mean potential of
charge-dipole interaction between water molecules and ions
 uw,ion (r ) = −

w2 zi2 e2

3DkTr 4
one obtains based on the statistical thermodynamic theory:
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Eq. (14)

where
Aid =

zi zd e 2 exp( a )
DkT (1 +  a )

Eq. (15)

In these equations,  is osmotic coefficient, u w is dipole moment of water,  is species number
density,  uij ( r )  is potential of mean force between species i and j , g ij is radial distribution
function, subscript w represents all water molecules, subscript d represents water molecules with
charge-dipole interaction, ai is the closest approach distance of ion i , ad is the equivalent closest
approach distance of water molecules with charge-dipole interaction, z d represents the equivalent
charge of water molecular with charge-dipole interaction.
Therefore, it is reasonable to assume that ln f wMR can be described by the following simple formula

ln f wMR = −

hmw ln  (1 − h) xw 

 mi + hmw

 m (b
i

i

ion , w

+ cion , w I m 0.5 + d ion , w I m )

Eq. (16)

i

where subscript i covers all the ions of solute, xw is the mole fraction of water in liquid phase,
bion , w , cion , w and dion, w are adjustable parameters which can be determined as given in Table 1 by
correlating experimental data in literatures.
2.3. Determination of ln f wSR
The expression of the contribution term of non-charge interaction ( ln f wSR ) is based on the extended
UNIQUAC equation (Sander et al., 1986).

ln f

SR
w


  qi xi iw 

 Vw
Vw 
q x



i
= 1 − Vw + ln Vw − 5qw 1 −
+ ln( )  +qw 1 − ln 
−   i i wi

Fw 
 Fw
  qi xi  i   qk xk ki

 i

 k







Eq. (17)

with

Vw =

rw
 ri xi

Eq. (18)

qw
 qi xi

Eq. (19)

i

Fw =

i

 ki = exp(

−aki
)
T

Eq. (20)

ai , w = ai0, w + i   ij , w j

Eq. (21)

aw,i = aw0 ,i + i   ij , w j

Eq. (22)

j i

j i

i =

xi qi
 qk xk

Eq. (23)

k
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In these equations, w denotes water, i and k cover all species, xi is the mole fraction of species
i , qi is the van der Waals surface area parameter of species i , ri is the van der Waals volume
parameter of species i , aki is the interaction parameter between species k and i , ai0, w and aw0 ,i
are reference interaction parameters,  ij , w is adjustable parameter and  ij , w = ji , w . The interaction
parameters between ions are assumed to be independent of concentration and aij  a ji . The
adjustable parameters ai0, j and  ij , w are fitted and are given in Table 1. The van der Waals volume
and surface area parameters are from the recommended values by Sander et al. (1986) as listed in
Table 2.
Table 2. The van der Waals volume r and surface area q of different species
Species Li+ Ca2+
ClBrH2 O
1
1
0.9861 1.2331 0.92
r
q
1
1
0.9917 1.151
1.4

3. RESULTS AND DISCUSSION
Based on experimental data in literatures, the prediction capability of the new model is evaluated
and is compared with that of two typical models (the LIQUAC model and the e-NRTL model) by
graph form as elaborated in Figure 1 andFigure 2 qualitatively. Furthermore, absolute average
relative deviation in vapor pressure ( AARD − P% ) is introduced to test the prediction accuracy of
model quantitatively as given by
AARD − P% =

1 Ndata Pespe − Pcalc
 100%

N data i =1
Pespe

Eq. (24)

where N data is the number of data points. The AARD − P% of our model and the two well-known
models for mixed liquid desiccant solutions near saturated solubility are compared as shown in
Table 3 and Table 4. Figure 1 shows the experimental and calculated vapor pressure of LiCl-CaCl2
aqueous solution at different temperatures and different mass ratios of solutes with a total mass
concentration of 40%. From Figure 1, the curves of the new model are close to experimental
symbols and closer than that of the other two models in most mass ratios of solutes. The accuracy
of the new model increases with the increase of temperature. In addition, it can be clearly seen
from Table 3 that the AARD − P% of our model are much smaller than that of the other two models
in most case. It is obvious that the new model has a better capability on the prediction of near
saturated LiCl-CaCl2 aqueous solution, which can be explained by taking into account the weight of
all interactions reasonably in the new model.
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Figure 1. Calculated and experimental vapor pressure of LiCl-CaCl2 aqueous solution at different
temperatures and concentrations
Table 3. Comparison of AARD-P% between our model and the other two models for LiCl-CaCl2
aqueous solution
Mass
Temperature Number of Experimental e-NRTL model LIQIAC model Our model
concentration
range (K) data points
data
(%)
(%)
(%)
LiCl
CaCl2
0.1
0.3
283.158
Shen et al.
4.58
11.68
5.06
353.15
(2016)
0.1333
0.2667
8
8.35
10.25
4.66
0.2
0.2
8
11.24
14.17
4.58
0.2667
0.1333
8
13.80
18.78
6.56
0.3
0.1
8
21.72
16.75
8.01
Mean AARD-P%
11.94
14.33
5.77
Figure 2 and Table 4 elaborate the comparison between three models in predicting the vapor
pressure of near saturated LiBr-CaCl2 aqueous solution. From Figure 2, it can be found that the
accuracy of new model increases with the increase of temperature. In addition, as can be seen
from Figure 2 and Table 4, our model is more accurate than the other two models for LiBr-CaCl2
aqueous solution near saturated solubility in most mass ratios of solutes.
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Figure 2. Calculated and experimental vapor pressure of LiBr-CaCl2 aqueous solution at
different temperatures and concentrations
Table 4. Comparison of AARD-P% between our model and the other two models for LiBr-CaCl2
aqueous solution
Mass
Temperature
Number Experiment
e-NRTL
LIQIAC
Our
concentration
range (K)
of data
al data
model
model (%) model (%)
points
(%)
LiBr
CaCl2
0.1
0.3
283.15-333.15
9
Guo (2018)
8.57
3.42
3.31
0.1333
0.2667
11
6.47
3.63
1.89
0.2
0.2
11
5.43
4.71
2.77
0.2667
0.1333
11
8.97
2.16
2.66
0.3
0.1
11
10.06
1.76
1.54
Mean AARD-P%
7.88
3.13
2.40

4. CONCLUSION
A new model is proposed in this study to re-quantify the weight of interactions between species in
liquid desiccant based on the statistical thermodynamic theory. The new model aims at predicting
the vapor pressure of mixed liquid desiccants near saturated solubility. In the model, rigorous
expressions are given to calculate the interactions. The prediction accuracy of our model is tested
and is compared with the e-NRTL model and the LIQUAC model based on experimental data in
literatures. The results show that the new model has a better prediction capability. The superiority
of our model increases with the increase of solute concentration or temperature. Furthermore, the
paper points out a good model should fully consider the weight of various interactions in liquid
desiccants.
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NOMENCLATURE
ALR , bi
ai , w , aw,i
0
i,w

a , a

0
w ,i

BLR
bion , w , cion , w ,

dion, w
D, D(T )

dw

 ij , w

Debye-Hückel parameters

k

Boltzmann constant

UNIQUAC interaction parameters

NA

Avogadro constant

reference interaction parameters

qi , qw

weight coefficient in long-range
interaction term
middle-range interaction parameters
between ions and water molecules

ri , rw

van der Waals surface area
parameters
van der Waals volume
parameters
molality (in mol/kg)

dielectric constant of pure water
density of pure water (kg/m3)

e

adjustable parameter in short-range
interaction term

LR, MR, SR

mi , md ,
mref , mw

 , i ,  j

electron charge
species number densities
long-range, middle-range,
short-range
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ABSTRACT
Two-phase loop thermosyphon with multiple evaporators is ideal device to achieve multi-source
heat transfer and has great application potential. As there are parallel branches in the loop,
unstable phenomena often exist. In this paper, the instability of a two-phase loop thermosyphon
with three evaporators is investigated experimentally. The results show that the oscillation
frequency increases while the amplitude almost remains constant with the increase of heating
power; The oscillation frequency decreases slightly while the amplitude increases with the increase
filling ratio; In the oscillation, when the temperature of an evaporator reaches the peak value, the
temperatures of the adjacent evaporators reach the trough value.
Keywords: Heat Transfer, R134a, Thermosiphon, Two-Phase Flow.

1. INTRODUCTION
The need of multi-source heat transfer is growing with the development of modern industries, e.g.,
avionics (Xun et al., 2017), super computers (Shoukourian et al., 2017) and data centers (Ling et
al., 2016). Loop thermosyphon is a type of heat transfer device with high efficiency compared with
traditional air cooling and liquid cooling methods (Oliveira et al., 2016). If there are multiple
evaporators and a single condenser in a single loop, it can achieve heat transfer from multiple heat
sources to a single cold source with no external power input therefore shows great potential in
multi-source heat transfer.
Current studies on loop thermosyphon with multiple evaporators are very limited and there is still a
long way to obtain a deep understanding of its flow and heat transfer characteristics. One of the
key characteristics is its instability. As there are parallel flow channels in the loop and there is no
external driving force, the flow directionality is not very clear therefore its instability is more obvious
than common loop thermosyphons. Also, interaction between evaporators also has effect on its
instability. Only several references include the results of the instability of loop thermosyphon with
multiple evaporators. Tong et al. (2017) studied a loop thermosyphon with two evaporators
experimentally, and oscillations of temperature and mass flow rate were observed. Zhang et al.
(2018) found unique oscillation phenomena in loop thermosyphon with two evaporators, the feature
of which is that when the temperature of a certain evaporator reaches the peak value, the
temperature of the other reaches the trough value. Instability of loop thermoysyphon with multiple
evaporators is an interesting problem requiring further research.

2. EXPERIMENTAL SETUP
The experimental setup is shown in Fig. 1. The loop thermosyphon consists of three evaporators
and one condenser. The condenser is placed a certain height above the evaporators to ensure the
gravity head. The internal flow channel of each evaporator is 10 mm×10mm ×60 mm. The
condenser is a double pipe heat exchanger. The inside diameter of the inner tube and outer tube is
10 mm and 26 mm, respectively. T type thermocouples are attached on the outside wall along the
loop and the data is recorded by a data acquisition instrument. The locations of the thermocouples
are presented in Fig. 1. R134a is used as the working fluid and its filling ratio is defined as the ratio
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of filling volume to the total internal volume. The inlet temperature of the condenser cooling water
is fixed at 20 ℃.
(a)

(b)
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Figure 1: Schematic diagram of experimental setup: (a) Loop; (b) evaporator

3. RESULTS AND ANALYSYS
The temperature oscillations under different heating power are shown in Fig. 2. Only Evaporator B
has heating power and the filling ratio is 0.91. The temperatures are measured by Thermocouple
B3. The oscillation period and frequency are calculated as the average values during 100 s. It can
be seen that the oscillation period decreases with the increase of heating power. The period
decreases from 7.41 s to 5.41 s and the frequency increases from 0.135 Hz to 0.185 Hz, when the
heating power increases from 36 W to 72 W. While, it can be seen that the effect of heating power
on the oscillation amplitude is not very obvious.
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Figure 2: Temperature oscillation under different heating power of Evaporator B when the filling ratio
is 0.91

The temperature oscillations under different filling ratios when the heating power of Evaporator B is
90 W are shown in Fig. 3. The temperatures are measured by Thermocouple B3. It can be seen
that with the increase of filling ratio, the oscillation frequency decreases slightly. However, the
oscillation amplitude increases. Also, oscillation phenomenon is not found when the filling ratio is
lower than 0.79. Therefore, oscillation is more significant under higher filling ratios.
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Figure 3: Temperature oscillation under different filling ratios when the heating power of Evaporator
B is 90 W

The temperature oscillation when the heating power for each evaporator is 72 W and the filling
ratio is 0.79 is shown in Fig. 4. A distinctive feature of this temperature oscillation is that when the
temperature of one evaporator reaches the peak value, the temperature of the adjacent evaporator
reaches the trough value. The reason is that there is competition between the evaporators as the
flow pipe diameter is limited. When the flow boiling of a certain evaporator is relatively strong, the
outlet flow of its adjacent evaporator will be restricted. This phenomenon has been found in loop
thermosyphon with two evaporators, and it can be seen that it is a common phenomenon in loop
thermosyphon with multiple evaporators.
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Figure 4: Temperature oscillation when the heating power for each evaporator is 72 W and the filling
ratio is 0.79
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4. CONCLUSIONS
Loop thermosyphon with multiple evaporators will surely play an important role in the future of
multi-source heat transfer. The instability of a loop thermosyphon with three evaporators are
invested experimentally in this paper. The main results are summarized as follows:
1) With the increase of heating power, the oscillation frequency increases while the amplitude
almost remains constant.
2) With the increase filling ratio, the oscillation frequency decreases slightly while the amplitude
increases.
3) For every two adjacent evaporators, the phases of oscillation are almost opposite due to the
competition between the evaporators.
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ABSTRACT
A transient two-dimensional model for the parallel plate matrix regenerator is developed to
investigate the heat transfer characteristics of oscillating flow. Moreover, the simulated impact of
operating frequency on the heat transfer coefficient are presented. To quantitatively describe the
influence of operating frequency, this paper compares the heat transfer coefficient calculated by
simulations, correlations with the oscillating Reynolds number and correlations with the conventional
Reynolds number. In the end, modifications of the empirical correlation are introduced to account for
such frequency dependency.
Keywords: Active Magnetocaloric Regenerator, Heat Transfer, Oscillating Flow.

1. INTRODUCTION
Room temperature magnetic refrigeration has developed rapidly in recent years and many
prototypes have emerged based on various driving and heat exchange designs (Ram et al. 2018).
Jacobs et al. in 2014 demonstrated a rotary system using six layers of LaFeSiH particles, producing
3,042W cooling power under zero temperature span condition and 2,502W cooling power over a
span of 11K with a coefficient of performance (COP) around 2 (Jacobs et al. 2014). Prototypes from
TU Denmark used two layers of Gd and Gd-Y materials as refrigerant, which performed a COP of
3.6 over a temperature span of 15.5K, corresponding to a maximum second-law efficiency of 18%
(Eriksen et al. 2015; Fortkamp et al. 2018). To improve the performance, researchers have focused
on various techniques, such as developing novel magnetocaloric materials, increasing the maximum
applied magnetic field of the permanent magnet (Trevizoli et al. 2015), optimizing the regenerator
geometry with related operating parameters (Hirano et al. 2011). The last approach has attracted
substantial attention since it is practical and the first two approaches have encountered bottlenecks
(Moos et al. 2014).
The modern magnetocaloric cooling technology is based on the so-called active magnetocaloric
regenerator (AMR), in which the magnetocaloric materials work as a regenerator and enables an
increase in the temperature span as well as working as a coolant and generating/absorbing heat
between the particular phases of the thermodynamic cycle. A typical AMR cycle is generally based
on the following four operational steps:
1) Magnetization: Each part of the magnetocaloric material along the AMR is heated up due to the
magnetocaloric effect when the magnetic field increases.
2) Fluid flow from the cold side to the hot side (hot blow): The fluid moves through the heated
magnetocaloric material to reject heat from the solid.
3) Demagnetization: Each part of the magnetocaloric material along the AMR is cooled down due
to the magnetocaloric effect when the magnetic field reduces from given strength to zero.
4) Fluid flow from the hot side to the cold side (cold blow): The fluid moves through the cooled
magnetocaloric material to absorb cooling from the solid.
The period of magnetization/demagnetization is tmag and the period of hot/cold blow is tf, therefore,
the period of each AMR cycle and the operating frequency are defined as Eq. (1) and Eq. (2).

tcyc =2(tmag + tf )

Eq. (1)

fr = 1/ tcyc

Eq. (2)
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From a thermodynamic viewpoint, the insufficient heat transfer between the heat transfer fluid and
the solid refrigerant is one of the most obvious causes of cooling performance degradation, which is
directly or indirectly related to the regenerator geometry. The most common geometrical forms are
the packed sphere bed and the parallel plate matrix due to the advantages of easy construction and
good heat transfer performance. The former has a higher heat transfer coefficient, while it also leads
to an increase in the pressure drop and the viscous dissipation (Tušek et al. 2013), and contrary
conclusion can be obtained for the latter (Nielsen et al. 2013). As a matter of fact, the fluid flows in
the opposite direction during the processes of hot blow and cold blow, which is called oscillating flow.
Due to the reduced blow time, the heat transfer characteristics of oscillating flow are different from
the steady state flow, especially at high operating frequencies. However, current simulation models
are developed using heat transfer correlations that are based on steady state conditions, and
consequently the oscillating flow effect are neglected in order to simplify the calculation (Lei et al.
2015). Moreover, the future of magnetocaloric cooling requires larger power density and thus high
operating frequency, which makes it necessary to investigate heat transfer characteristics of
oscillating flow.
This paper develops a transient two-dimensional model for the parallel plate matrix regenerator to
address the aforementioned problem. The model is designed in the case of the parallel plate matrix
regenerator with Gd for a 1.5 T max magnetic field intensity and water as the heat transfer fluid. The
specific heat, magnetic entropy and other physical properties of Gd are based on experimental data
in the literature. Heat transfer performance for varied operating frequency is investigated.
Furthermore, modifications of the empirical correlations to account for such frequency dependency
is introduced.

2. REGENERATOR GEOMETRIES
The parallel plate matrix can be built by stacking thin plates with a specified spacing from each other.
Here we use a pair of half thin plates and a single channel between them as the geometric model
rather than the whole regenerator, since the paper focuses on the study of the heat transfer between
the solid and fluid instead of the cooling capacity, temperature span or COP. Half the thickness of
two thin plates is simulated because of the symmetry. The schematic diagram of the parallel plate
matrix is shown in Fig. 1, where the gray area represents the solid magnetocaloric material and the
remaining blue space is the channel of fluid. The length of the plate is 60mm. Each thin plate is
0.5mm thick. The thickness of a single channel between two plates is 0.5mm.

Figure 1: Schematic diagram of the parallel plate matrix

3. NUMERICAL MODEL
3.1.

Governing Equations

A two-dimensional model of parallel plate matrix with a single channel is built in COMSOL
Multiphysics. Laminar flow and incompressible fluid are assumed. The energy equation is solved to
calculate the temperature field in the heat transfer module; the continuity equation and the Navier-
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Stokes equations are solved to calculate the velocity and pressure fields in the laminar flow module.
The two modules are coupled by non-isothermal flow module. Eq. (3) defines the energy equation
of the solid and Eq. (4) defines the mass, energy, momentum equations of fluid, respectively.

s cs

Ts
 2T  2T
= ks ( 2s + 2s ) + Q
t
x
y

Eq. (3)

 u v
 x + y =0


Tf
Tf
Tf
 2Tf  2Tf

c
(
+
u
+
v
)
=
k
(
+
)
f
 f f
t
x
y
x 2 y 2


2
2
  ( u + u u + v u ) = − p +  (  u +  u )
 f t
x
y
x
x 2 y 2

2
2
  ( v + u v + v v ) = − p +  (  v +  v )
 f t
x
y
y
x 2 y 2


Eq. (4)

where ρ, c, T, t, k, μ, u, v are the density, specific heat, temperature, time, thermal conductivity,
dynamic viscosity, fluid velocity in x-direction and y-direction, respectively. The subscript s is for solid
and f is for fluid. Q as the heat source term in Eq.3 applies the magnetocaloric effect into the model.
3.2.

Boundary Conditions

The boundary conditions at the edges of the domain are listed in Table 1. The numbers in Table 1
are corresponding to Fig. 1. Edges 4, 6 are walls. During the processes of adiabatic magnetization
and demagnetization, the thermal insulation boundary condition is applied to all the boundaries. In
the hot blow process, the temperature Tc is imposed to the cold side of the fluid. In the cold blow
process, Th is set as an isothermal boundary condition on the hot side of the fluid. Edges 2 and 7
are symmetric boundaries.
Table 1 Boundary conditions for fluid and solid domain

Process

1/5/8/10

Cold blow

3

9

Tf=Tc

Ts Ts
+
=0
x y

Ts Ts
+
=0
x y

Tf =Th

Ts Ts
+
=0
x y

Magnetization/
Demagnetization
Hot blow

2/7

Ts Ts
+
=0
x y
Ts Ts
+
=0
x y

Ts Ts
+
=0
x y
Ts Ts
+
=0
x y

The velocity vector has been considered positive if fluid flows from the cold side to the hot side, and
is set to be negative otherwise. To opportunely model the fluid flow, both the left and right sides of
the fluid are set as open boundary, since fluid can enter or leave the domain on either boundaries.
The normal stress, namely pressure imposed on the open boundaries is set as a cyclical input signal
to simulate the conveying fluid process with circulating pump according to real magnetocaloric
cooling systems. Take 1Hz operating frequency as an example, Fig. 2 shows the input pressure
profiles varying with time at edges 3 and 9.
3.3.

Grid Independence Study

Taking account of the geometric characteristic of the parallel plate matrix, the geometric model
containing two half thin plates and a single channel is meshed with 30,000 rectangular cells. The
mesh is densified in the cold/hot side and the wall between solid and fluid, in view of the entrance
effect and the boundary layer effect, respectively. Grid independence studies are performed with
3,000, 12,000, and 30,000 cells. In addition, the number of cells blow 3,000 leads to divergent results.
However, these yields hardly any differences in terms of temperature, pressure or velocity fields.
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Take temperature fields as an example, Fig. 3 shows the temperature profiles of magnetocaloric
material in the x-direction after the hot blow and cold blow processes. Therefore, in the coming
sessions, the grid with 30,000 rectangular cells is applied.

Figure 2: Pressure profiles varying with time at
1Hz at edges 3 and 9

Figure 3: Temperature profiles in the x-direction
after the hot blow and cold blow processes

4. NUMERICAL SIMULATIONS AND RESULTS
4.1.

Heat Transfer Characteristics of the Parallel Plate Matrix

Convective heat transfer coefficient is the most important indicator, and thus it is used to evaluate
the heat transfer performance between the solid and the fluid. The convective heat transfer
coefficient is defined as the ratio of heat flux at the wall and the temperature difference between the
solid and fluid. Eq. (5) shows the calculation method of the fluid average temperature across the ydirection section, taking the cross section A-A in Fig. 1 for example. The average heat flux, average
temperature difference and convective heat transfer coefficient along the wall are defined as Eq. (6),
Eq. (7) and Eq. (8), respectively (Yang and Tao 2006).
b /2

Tb =

 T ( x, y)u( x, y)dy
f

0

b /2

 u( x, y)dy

Eq. (5)

0

L

qw'' =  ks
0

L

Ts
T
dx / L =  kf f dx / L
y
y
0

Eq. (6)

L

T =  (Tw -Tb )dx / L

Eq. (7)

h = qw'' / T

Eq. (8)

0

where Tw is the temperature at the wall. Fig. 4 shows that the operating frequency is a significant
contributing factor to the convective heat transfer coefficient. By changing the operating frequency,
both the fluid flow and the magnetization durations are changed, while the ratio between those two
periods are remained constant, i.e. tmag: tf =2:3. Here, during the hot and cold blow processes, the
pressure difference at the inlet and outlet is 750 Pa. The convective heat transfer coefficient
presented in this paper is the average value of that from hot blow and that from cold blow.
According to the simulation results in Fig. 4, the convective heat transfer coefficient increases by
more than 60% when the operating frequency increases from 1 Hz to 10 Hz. This is an important
observation and a key message for the magnetocaloric cooling society, since it has been assumed
that the convective heat transfer coefficient does not vary with how fast the system is cycled (Lei et
al. 2015; Kamran et al. 2016). Instead, in the previous numerical studies of the AMR, the convective
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heat transfer coefficient is determined based on the empirical correlations that are dependent on
Reynolds number and properties of heat transfer fluid (Nickolay and Martin 2002). Furthermore, the
variation of the convective heat transfer coefficient can be more than 50%, which is a significant
factor that should not be omitted. In Fig. 4, the correlation-Ren curve is calculated as following. The
Reynolds number, the Nusselt number, the Graetz number and convective heat transfer coefficient
are defined as:

Ren = udh / 

Eq. (9)

Gz = dh Ren Pr/ L

Eq. (10)

Nu = (7.5413.592 + (1.841Gz1/3 )3.592 )1/3.592

Eq. (11)

h=Nukf / d h

Eq. (12)

where dh is the hydraulic diameter; ν is the kinematic viscosity , Pr is the Prandtl number of the fluid.
The correlation-Ren curve decreases slightly with operating frequency because it takes some time
for the velocity to reach its maximum instead of mutation, which is called delayed effect. The delayed
effect is significant at high operating frequency, which leads to the reduced average velocity in the
hot blow or cold blow process.
Under the limit of 0 Hz, the convective heat transfer coefficient calculated with the empirical
correlations often shows excellent agreement with simulation results. Fig. 5 shows the h-Ren curves
in the steady-state flow condition, in which the geometric model of fluid channel and the boundary
conditions are the same as the parallel plate matrix model mentioned above. The deviation of h
calculated with the simulation and correlations is less than 3%. However, as shown in Fig. 4, large
error can be introduced to simulate the heat transfer performance of oscillating flow with the empirical
correlations. Furthermore, the results in Fig. 5 can be viewed as an indirect experimental validation
since the original correlation is developed by experimental data within 10% error. Not to mention that
CFD for single-phase laminar flow is a very mature tool with high accuracy. Therefore, even without
any direct support from experiments, the simulation results in the next sections are accurate. The
observation from Fig. 4 and Fig. 5 indicate that the contribution of oscillating flow plays an important
role in determining heat transfer characteristics of AMR. How to predict it is discussed next.

Figure 4: Convective heat transfer coefficient
versus different operating frequency (Ren @
0Hz = 228)

4.2.

Figure 5: h-Ren curves in the steady-state flow
(error-bars represent 3% deviation, 0 Hz)

Modifications to Current Convective Heat Transfer Coefficient Correlations

From engineering application perspective, it is essential to accurately evaluate the convective heat
transfer coefficient at different operating frequencies, where the conventional empirical correlations
are limited by significant uncertainties as illustrated by Fig. 4. The operating frequency is the most
important parameter in an oscillating flow, which is similar to the oscillating flow mixer (OFM) for
chemical equipment. In chemical engineering society, it has been well-accepted that the
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performance of heat and mass transfer in a vessel can be improved by the oscillating flow (Shipman
et al. 2004; Liu and Zhang 2007; Knowles et al. 2007). Therefore, the concept of the oscillating
Reynolds number Reo is applied for AMR application, which is defined as Eq. (13). The Nusselt
number is able to correlate the oscillating Reynolds number under the condition that Reo is much
larger than Ren (Shipman et al. 2004; Liu and Zhang 2007; Knowles et al. 2007).

Reo =

2 frx0 d h



Eq. (13)

where fr and x0 are the oscillating frequency and amplitude, respectively. Therefore, ideally the
oscillating Reynolds number Reo can be used to replace Reynolds number Ren presented in any
conventional correlations to calculate the convective heat transfer coefficient. The oscillating
frequency and amplitude correspond to the operating frequency and the length of regenerator in the
model, respectively. Fig. 6, Fig. 7, Fig. 8 compare the convective heat transfer coefficient calculated
by simulation, correlations with Ren and correlations with Reo under 1 Hz, 5 Hz, and 10 Hz,
respectively. Fig. 6 and Fig. 7 shows that the correlations with Reo cannot evaluate h accurately
under the low operating frequency conditions. However, as was shown in Fig. 8, the correlations with
Reo can obtain the equivalent h to the simulated results at 10 Hz operating frequency, where Reo is
much larger than Ren.

Figure 6: h-Ren curves at 1Hz operating frequency

Figure 7: h-Ren curves at 5Hz operating
frequency

Figure 8: h-Ren curves at 10Hz operating
frequency

From the above observations, it is clear that neither Ren nor Reo can be applied universally for any
frequency or flow rate with acceptable uncertainties. To calculate h with correlations accurately at
any operating frequency, both Reynolds number should be included as presented in Eq. (14), where
the coefficient m and n reflect the contributions of these two Reynolds numbers to the convective
heat transfer coefficient. Based on the results carried out for the parallel plate type AMR, the values
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of coefficient m and n are listed for different operating frequency in Table 2. The two thresholds listed
in Table 2 are 5 Hz and 10 Hz based on boundary conditions in this study. The values of these two
threshold frequencies may vary, however, they represent the universal feature of AMR and magnetic
cooling system with oscillating flow.
1) The first threshold defines "low frequency range" where the heat transfer performance degrades
compared with steady state performance. Both Ren and Reo are required and Reo term has a
negative coefficient. Unfortunately, due to insufficient time to complete the heat transfer, the
current best performing magnetocaloric cooling systems are operated in this range (Jacobs et
al. 2014; Eriksen et al. 2015; Fortkamp et al. 2018). This means that if a correlation developed
by steady state experiment such as (Nickolay and Martin 2002) is applied for numerical
simulation, the simulation results will over-predict the heat transfer and system performance. In
other words, ways to improve the heat transfer performance in this range is crucial for AMR and
magnetic cooling.
2) Between the first and second thresholds, this domain is the "medium frequency range" where
the heat transfer performance is better than that of steady state. Both the Ren and Reo
contributes positively to heat transfer and thus both of them should be taken into account for
accurate prediction of h.
3) It can be considered as "high frequency" when the frequency is beyond the second threshold.
The heat transfer coefficient h is considerably larger compared with that of steady state. Only
Reo is required to predict the h. The effect of flow rate becomes negligible to the heat transfer
coefficient. For system application, it means smaller flow rate could achieve the same heat
transfer performance and therefore provides potential for efficiency improvement as well.

h = mf (Ren) + nf (Reo)
fr
m
n

0
1
0

Eq. (14)

Table 2. The coefficient m and n corresponding the operating frequency

0 < fr ≤ Threshold 1
1
n≤0

Threshold 1 < fr ≤ Threshold 2
0≤m<1
0<n≤1

fr > Threshold 2
0
1

5. CONCLUSIONS
In this paper, a transient two-dimensional model is built to investigate the heat transfer characteristics
of the parallel plate matrix regenerator. From the simulations the following conclusions can be drawn:
1) Different from steady-state flow, the convective heat transfer coefficient in the parallel plate
matrix depends on the operating frequency in addition to the fluid velocity because of the
oscillating flow of fluid. Comparing with the steady state 0 Hz case, the heat transfer coefficient
varies from -18% to 41%.
2) The frequency dependency of heat transfer coefficient can be predicted by a modified correlation
based on the oscillating Reynolds number Reo in addition to the conventional Reynolds number
Ren. In low and medium region, both Ren and Reo are required. However, in high frequency
region, the heat transfer coefficient can be accurately predicted based on only Reo.
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NOMENCLATURE
AMR
b
c
dh
fr
h
k

active magnetocaloric regenerator
thickness of flow channel (mm)
specific heat (J∙kg-1∙K-1)
hydraulic diameter (mm)
operating frequency (Hz)
heat transfer coefficient (W∙m-2∙K-1)
thermal conductivity (W∙m-1∙K-1)

Tb
Tw
ΔT
tmag
tf
tcyc
u

average temperature of fluid (K)
temperature of wall (K)
temperature difference (K)
magnetization/demagnetization time (s)
hot/cold blow time (s)
an AMR cycle time (s)
velocity in x-direction (m∙s-1)

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

787

L
m
n
Nu
Pr
Q
qw’’
Ren
Reo

length of AMR (mm)
coefficient (-)
coefficient (-)
Nusselt number (-)
Prandtl number (-)
heat source (W)
heat flux of wall (W∙m-2)
conventional Reynolds number (-)
oscillating Reynolds number (-)

v
velocity in y-direction (m∙s-1)
x0
amplitude (m)
Greek letters
ν
kinematic viscosity (m2∙s-1)
μ
dynamic viscosity (Pa∙s]
ρ
density(kg∙m-3)
Subscripts
s
solid
f
fluid

REFERENCES
Eriksen, D., Engelbrecht, K., Bahl, C. R. H., Bjørk, R., Nielsen, K. K., Insinga, A. R., and Pryds, N.
2015. Design and experimental tests of a rotary active magnetic regenerator prototype.
International Journal of Refrigeration 58:14-21.
Fortkamp, F. P., Eriksen, D., Engelbrecht, K., Bahl, C. R. H., Lozano, J. A., and Jr, J. R. B. 2018.
Experimental investigation of different fluid flow profiles in a rotary multi-bed active magnetic
regenerator device. International Journal of Refrigeration:S1884651593.
Hirano, S., Kawanami, T., Ikegawa, M., Fumoto, K., and Hirasawa, S. 2011. Analytical Investigation
on Regenerative Magnetic Refrigeration with Particle Packed Bed. Transactions of the Japan
Society of Refrigerating & Air Conditioning Engineers 27 1:39-47.
Jacobs, S., Auringer, J., Boeder, A., Chell, J., Komorowski, L., Leonard, J., Russek, S., and Zimm,
C. 2014. The performance of a large-scale rotary magnetic refrigerator. International Journal
of Refrigeration 37 1:84-91.
Kamran, M. S., Ali, H., Farhan, M., Yong, B. T., Yun, G. C., and Hua, S. W. 2016. Performance
optimisation of room temperature magnetic refrigerator with layered/multi-material
microchannel regenerators. International Journal of Refrigeration 68:94-106.
Knowles, P., Kiger, K., and Scotti, A. 2007. Particle-turbulence interaction and sediment suspension
from ripple beds in oscillatory flow. Paper read at Meeting of the Divison of Fluid Dynamics.
Lei, T., Engelbrecht, K., Nielsen, K. K., and Veje, C. T. 2015. Study of geometries of active magnetic
regenerators for room temperature magnetocaloric refrigeration. Appl. Therm. Eng. 111:12321243.
Liu, H., and Zhang, C. Z. 2007. Numerical Simulation of Flow Field with Turbulence Model in an
Oscillatory Flow Mixer. Petro-Chemical Equipment.
Moos, L. V., Nielsen, K. K., Engelbrecht, K., and Bahl, C. R. H. 2014. Experimental investigation of
the effect of thermal hysteresis in first order material MnFe(P,As) applied in an AMR device.
International Journal of Refrigeration 37 1:303-306.
Nickolay, M., and Martin, H. 2002. Improved approximation for the Nusselt number for
hydrodynamically developed laminar flow between parallel plates. International Journal of Heat
& Mass Transfer 45 15:3263-3266.
Nielsen, K. K., Engelbrecht, K., and Bahl, C. R. H. 2013. The influence of flow maldistribution on the
performance of inhomogeneous parallel plate heat exchangers. International Journal of Heat
& Mass Transfer 60 1:432-439.
Ram, N. R., Prakash, M., Naresh, U., Kumar, N. S., Sarmash, T. S., Subbarao, T., Kumar, R. J.,
Kumar, G. R., and Naidu, K. C. B. 2018. Review on Magnetocaloric Effect and Materials.
Journal of Superconductivity & Novel Magnetism 7:1-9.
Shipman, T., Prasad, A., Davidson, S., and Cohee, D. 2004. Evaluation of Mixing Efficiency of a
Novel Oscillatory Flow Mixer. American Physical Society.
Trevizoli, P. V., Lozano, J. A., Peixer, G. F., and Jr, J. R. B. 2015. Design of nested Halbach cylinder
arrays for magnetic refrigeration applications. Journal of Magnetism & Magnetic Materials
395:109-122.
Tušek, J., Kitanovski, A., and Poredoš, A. 2013. Geometrical optimization of packed-bed and
parallel-plate active magnetic regenerators. International Journal of Refrigeration 36 5:14561464.
Yang, S., and Tao, W. 2006. Heat Transfer (Forth Edition): Higher Education Press.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

788

Manuscript ID: 404
DOI: 10.18462/iir.icr.2019.0404

R1224yd(Z) Flow Boiling inside a Mini Microfin Tube
G.A. Longo, S. Mancin, G. Righetti, C. Zilio

Dept. of Management and Engineering, University of Padova, Str.lla S. Nicola, 3, VICENZA,
36100-Italy
tony@gest.unipd.it, simone.mancin@unipd.it, righetti@gest.unipd.it, claudio.zilio@unipd.it

1. ABSTRACT
This paper presents the R1224yd(Z) flow boiling heat transfer and pressure drop measurements
inside a mini microfin tube with internal diameter at the fin tip of 4.2 mm. The microfin tube was
brazed inside a copper plate and electrically heated from the bottom. Sixteen T-type thermocouples
are located in the copper plate to monitor the wall temperature. The experimental measurements
were carried out at constant mean saturation temperature of 30°C, by varying the refrigerant mass
velocity between 100 kg m-2 s-1 and 200 kg m-2 s-1, the vapor quality from 0.3 to 0.95, at three different
heat fluxes: 15, 30, 60 kW m-2. The experimental results are presented in terms of two-phase heat
transfer coefficient, onset dryout vapor quality, and frictional pressure drop. This new HFO fluid
shows promising heat transfer capabilities, which makes it a possible viable substitute of the highGWP, low-pressure refrigerants.
Keywords: R1224yd(Z), Low-GWP; Flow boiling; Microfin tube, Heat transfer, Pressure drop

2. INTRODUCTION
The R1224yd(Z) is a relatively new HFOs’ molecule with GWP<1 and nearly-zero ODP. It has a
normal boiling temperature around 14°C, which makes it suitable as blowing agent as well as
refrigerant for electronics cooling application and for high temperature heat pumps and chillers.
Since late seventies, microfin tubes have received a lot of attention because they can assure higher
heat transfer coefficients compared to smooth tubes, with a relatively small increase of pressure
drop. In addition, by means of the fins along the circumference of the tube, microfin tubes facilitate
the transition to annular regime, with consequent higher heat transfer coefficients than those during
stratified regimes. Furthermore, the vapor quality at the onset of the dryout phenomenon is delayed.
Over the last decades, traditional microfin tubes were largely studied, during both flow boiling and
condensation. Experimental results regarding heat transfer coefficient, pressure drop, and vapor
quality at the onset of the dryout are now available, as well as flow pattern maps and empirical
equations for the estimation of those parameters, which can be used to design evaporators and
condensers commonly used in traditional air conditioning and refrigeration systems. More recently,
microfin tubes with internal diameter smaller than 5 mm are becoming more and more popular
because they can be used in the next generation of air conditioning and refrigeration systems,
leading to more compact and more efficient heat exchangers. Furthermore, the use of these mini
microfin tubes may imply a relevant reduction of the refrigerant charge of the system, thus facing
with the new stricter environmental regulations. For these reasons, large manufacturers are
exploring the possible use of mini microfin tubes and there is a strong interest in understanding the
heat transfer and pressure drop behaviors of these enhanced tubes.
The literature about small diameter microfin tubes (i.e. inner diameter lower than 6 mm or so) is still
poor if compared with larger tubes. Among the most recent works, Righetti et al. (2018)
experimentally studied the flow boiling heat transfer and pressure drop of R1233zd(E) in a small
diameter microfin tube. The authors investigated the effects of the mass flux and of the heat flux on
the heat transfer coefficient. Moreover, they evaluated the effects of the thermophysical properties
evaluation on the current available models for heat transfer coefficient and pressure drop
estimations. Kondou et al. (2013) investigated R32, R1234ze(E), and two R32/R1234ze(E) mixtures,
(20:80) and (50:50) by wt.%, flow boiling inside a water heated microfin tube (inner diameter at the
fin tip of 4.94 mm) at a saturation temperature of 10°C, heat fluxes of 10 and 15 kW m-2, and mass
velocities from 150 to 400 kg m-2 s-1. Kondou et al. (2014a) also investigated R1234ze(Z) during flow
boiling inside the same microfin tube at different saturation temperatures from 0 to 30°C and at a
fixed heat flux equal to 10 kW m-2. The Authors reported the experimental results relative to three
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different refrigerant mass velocities, 150, 200, and 300 kg m-2 s-1; the results showed that the heat
transfer coefficients of R1234ze(Z) were slightly higher than those of R1234ze(E) and R134a at
vapor quality values from 0.4 to the thermal crisis while they were slightly lower for vapor qualities
lower than 0.4. Furthermore, Kondou et al. (2014b) investigated the boiling performance of high
temperature glide refrigerant mixtures containing R1234ze(E) in blend with R744 and R32
(R744/R32/R1234ze(E), (4:43:53) and (9:29:62) by wt.%, inside the same water heated microfin
tube, at 10°C of saturation temperature, 10 kW m-2 of heat flux and mass velocity ranging from 150
to 600 kg m-2 s-1. The Authors compared the boiling results obtained for the ternary mixture with
those of the pure fluids and with those obtained for other two binary mixtures of R32/R1234ze(E),
(30:70) and (40:60) by wt.%. The heat transfer coefficients of the binary and ternary blends were
drastically lower than those measured for the pure refrigerants because of the large mass transfer
resistance, which seemed to suppress both the nucleate and forced convective contributions. Diani
et al. (2014) compared R1234ze(E) against R134a in a 3.4 mm ID at the fin tip, electrically heated
microfin tube at 30°C of saturation temperature by varying the mass velocity from 190 to 940
kg m-2 s-1 and the heat flux from 10 to 50 kW m-2. The results showed that the flow boiling heat
transfer coefficients measured for R1234ze(E) were lower, at least similar, to those for R134a, while
the two refrigerants showed similar critical values of vapor quality and heat flux. The same Authors
(Diani et al., 2015a) measured the flow boiling performance of R1234yf inside the same mini microfin
tube at 30°C of saturation temperature. The Authors investigated the effects of the mass velocity,
vapor quality, and heat flux and then compared the experimental data with that measured for R134a
(Mancin et al., 2015). Diani et al. (2015b) and Diani and Rossetto (2015) studied R1234ze(E) and
R1234yf and R134a, respectively, flow boiling inside a 2.4 mm microfin tube at 30°C of saturation
temperature, mass velocity from 375 to 940 kg m-2 s-1, and heat flux from 10 to 50 kW m-2. For the
R1234ze(E), the Authors found that at low heat flux, the heat transfer coefficient was highly affected
by vapor quality, meaning that two phase forced convection was the mechanism which mainly
controlled the flow boiling phenomenon. A different situation was found at high heat fluxes, where
the heat transfer coefficient was not affected by mass velocity and weakly affected by vapor quality,
meaning that the flow boiling process was mainly controlled by nucleate boiling.
Despite the recent work dealing mainly with HFOs listed above, the database for boiling of
refrigerants inside relatively small diameter microfin tubes is still limited; furthermore, no data relative
to R1224yd(Z) boiling inside microfin tubes can be retrieved in the open literature. This paper
presents the R1224yd(Z) flow boiling heat transfer and pressure drop measurements inside a mini
microfin tube with internal diameter at the fin tip of 4.2 mm. The experimental measurements were
carried out at constant mean saturation temperature of 30°C, by varying the refrigerant mass velocity
between 100 kg m-2 s-1 and 200 kg m-2 s-1, the vapor quality from 0.3 to 0.95, at three different heat
fluxes: 15, 30, and 60 kW m-2. The experimental results are presented in terms of two-phase heat
transfer coefficient, onset dryout vapor quality, and frictional pressure drop.

3. EXPERIMENTAL SETUP AND TEST SECTION
As shown in Fig. 1, the experimental test facility consists of three loops: refrigerant, cooling water,
and hot water loops. The rig was designed for heat transfer and pressure drop measurements and
flow visualization during either vaporization or condensation of pure refrigerants and refrigerants
mixtures inside structured micro- and nano-geometries. The refrigerant is pumped through the circuit
by means of a magnetically coupled gear pump, then it is vaporized in a Brazed Plate Heat
Exchanger (BPHE) fed with hot water to achieve the desired value of vapor quality. The hot water is
supplied by a thermostatic bath; both water flow rate and water temperature can be independently
set. The heat flow rate exchanged at the BPHE evaporator is accurately measured by means of a
magnetic flow meter and a calibrated T-type thermopile; furthermore, preliminary tests were run to
verify the heat balance between refrigerant and water sides, the results showed a misbalance always
less than 2%. The refrigerant enters the microfin test tube at a known mass velocity and vapor quality
and then it is vaporized by means of a calibrated Ni-Cr wire resistance.
The electrical power supplied to the sample is indirectly measured by means of a calibrated
reference resistance (shunt) and by the measurement of the effective electrical difference potential
of the resistance wire inserted in the copper heater. The current can be calculated from the Ohm’s
law.
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Figure 1: Schematic of the experimental setup

The fluid leaves the test section and enters in a post-condenser, a brazed plate heat exchanger fed
with tap water, where it is fully condensed and subcooled. A damper connected to the compressed
air line operates as pressure regulator to control the saturation conditions in the refrigerant loop. As
shown in Fig. 1, the refrigerant pressure and temperature are measured at several locations
throughout the circuit to know the refrigerant properties at the inlet and outlet of each heat exchanger.
The refrigerant mass flow rate can be independently controlled by the gear pump and it is measured
by means of a Coriolis effect flowmeter. No oil circulates in the refrigerant loop. Table 1 lists the
values of uncertainty (k=2) of the instruments used in the experimental facility.
Table1. Instruments uncertainty

Transducer
T-type thermocouples
T-type thermopiles
Electric power
Coriolis mass flowmeter (refrigerant loop)
Magnetic volumetric flowmeter (hot water loop)
Differential pressure transducer (test section)
Absolute pressure transducers

Table 2. Microfin tube geometry

Characteristic
Outer Diameter
Fin Tip Diameter, D
Apex angle, g
Helix angle, b
Number of fin, n
Fin height, h
Tube thickness

Uncertainty (k=2)
± 0.1 K
± 0.05 K
± 0.26% of the reading
± 0.10% of the reading
± 0.2% of FS= 0.33 10-3 m3 s-1
± 0.075% of 0.3 MPa
± 0.065% of FS= 4 MPa
Value
5 mm
4.2 mm
42°
18°
40
0.15 mm
0.23 mm

The mini microfin tube was brazed inside a guide milled on the top surface of a copper plate, which
is 200 mm long, 10 mm wide, and 20 mm high. 16 holes were drilled just 1 mm below the microfin
tube, in order to locate as many T-type thermocouples to monitor the wall temperature distribution.
Another guide was milled on the bottom side of the copper plate, to host a Nickel-Chrome wire
resistance connected to a DC current generator, which supplies the heat flow rate needed to
vaporize the refrigerant flowing inside the tube. In order to avoid the abrupt pressure drops due to
flow contraction and expansion, a suitable smooth connection to the refrigerant circuit having the
same fin tip diameter (D=4.3 mm) was designed and realized to join the test tube with inlet and outlet
pipes. Pressure ports are located about 25 mm downstream and upstream of the copper plate, thus
the length for pressure drop measurements is 250 mm.
The test section is located inside an aluminum housing filled with 15 mm thick ceramic fiber blanket,
to minimize the heat losses due to conduction to the ambient. Table 2 summarizes the main
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geometrical characteristics of the tested tube. Given the reported dimensions, the area enhancement
with reference to the smooth tube having the same fin tip diameter is equal to 1.62.

4. DATA REDUCTION
As described in the previous section, the subcooled liquid pumped by the magnetically coupled gear
pump is vaporized into a BPHE fed with hot water. Thus, the vapor quality at the inlet of the test
section can be calculated from a thermal balance at the evaporator, as:
𝑞"#$% = 𝑚̇) ∙ 𝑐%,) ∙ -𝑡),/0 − 𝑡),234 5 = 𝑚̇6 ∙ -𝐽/0,89 − 𝐽:,;3< 5

Eq. (1)

where 𝑚̇) is the water mass flow rate, cp,w is the specific heat capacity of the water, tw,in and tw,out are
the inlet and outlet water temperatures. The right-hand side term of Eq. (1) reports the refrigerant
side heat flow rate where 𝑚̇6 is the refrigerant mass flow rate while Jin,TS and JL,sub are the unknown
specific enthalpy at the inlet of the test section and the specific enthalpy of the subcooled liquid
entering the BPHE, respectively. Once calculated Jin,TS, the vapor quality at the inlet of the test
section can be estimated by:
𝑥/0,89 =

>?@,AB C>D

Eq. (2)

>E C>D

where JL and JV are the specific enthalpies of the saturated liquid and vapor, respectively, evaluated
at the saturation pressure of the refrigerant measured at the inlet of the test section. As already
described, the electrical power supplied to the sample is indirectly measured by means of a
calibrated reference resistance (shunt) and by the measurement of the effective electrical difference
potential of the resistance wire inserted in the copper heater. Preliminary heat transfer
measurements permitted to estimate the heat loss (qloss) due to conduction through the test section
as a function of the mean wall temperature. The tests were run under vacuum conditions on the
refrigerant channel by supplying the power needed to maintain the mean wall temperature at a set
value. The measurements were carried out by varying the mean wall temperature from 28°C to
63°C. The results show that the heat loss increases linearly as the mean wall temperature increases
(R>0.99). In the tested range of wall temperature, the heat loss by conduction through the test
section can be estimated by:
̅
|𝑞G2;; | = 0.2006 ∙ 𝑡)$GG
[°C] − 4.6698 [W]

Eq. (3)

thus, the actual heat flow rate qTS supplied to the sample is given by:
Eq. (4)

𝑞89 = 𝑃W: − |𝑞G2;; | = Δ𝑉 ⋅ 𝐼 − |𝑞G2;; |

It is worth underlying that the qloss varied from 1.5% to 4.6% of the electrical power supplied. The
mean vapor quality, xmean is the average value between the inlet and outlet ones. The two-phase
heat transfer coefficient HTC, referred to the nominal area A, can be defined as:
𝐻𝑇𝐶 = `∙(4̅

_AB

̅ )
bcdd C4ecf

_

Eq. (5)

= h∙i∙:∙(4̅ AB

̅ )
bcdd C4ecf

̅
̅ are defined by the followings:
and 𝑡;$4
where 𝑡)$GG
j

̅
̅ =
𝑡)$GG
= jk ∑jk
/mj 𝑡)$GG,/ and 𝑡;$4

4ecf,?@ -%ecf,?@ 5n4ecf,opf (%ecf,opf )
q

Eq. (6)

The hydraulic performance of the microfin tube is given in terms of frictional pressure drop, which
was calculated from the measured total pressure drop by subtracting the momentum and
gravitational pressure gradients, as:
Dpf = Dpt - Dpc - Dpa

Eq. (7)

The momentum pressure drops were estimated by the separated model for two-phase flow using
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the void fraction calculated with Rouhani and Axelsson (1970) model. Thermodynamic and transport
properties are estimated from RefProp v.10 (Lemmon et al., 2018). A detailed error analysis was
performed in accordance with Kline and McClintock (1953) using the values of the uncertainty of the
instruments listed in Table 1; it was estimated that the uncertainty (k=2) on the two-phase heat
transfer coefficient showed a mean value of around ±8%, while the uncertainty on the vapor quality
was ±0.03. The pressure drops showed a mean uncertainty of around 8%.

5. EXPERIMENTAL RESULTS
This section presents the experimental results collected during vaporization of the R1224yd(Z) inside
the mini microfin tube. The data were collected at constant, mean saturation temperature of 30°C.
Table 3 lists the main thermo-physical properties of the R1224yd(Z) at this reference saturation
temperature. This refrigerant can be classified as a low-pressure fluid; its critical pressure is 33.4 bar
and thus, at these operating conditions, it has a very low reduced pressure, around 0.053. In addition,
it has a high saturation temperature drop gradient, around 16.7 K bar-1, a relevant difference between
the liquid and vapor densities (rL/rV=121), and a great surface tension, (12.9 mN m-1). It is well
known that actual flow boiling heat transfer inside a tube is the result of the combination of the two
main heat transfer mechanisms: nucleate boiling and forced convective boiling. Different scenarios
can occur as a function of the actual operating test conditions (i.e., mass velocity, vapor quality, and
heat flux), thermo-physical properties, and reduced pressure.
Table3. Thermo-physical properties of the R1224yd(Z) at tsat= 30°C. (Lemmon et al., 2018)

psat
[bar]
1.547

rL

rV

-3

[kg m ]
1250.6
8.5

r
[kJ kg-1]
188.5

lL
lV
-1 -1
[W m K ]
0.073
0.019

µL
µV
[µPa s]
470
11.1

s
[mN m-1]
13.9

In particular, mass velocity, vapor density, and vapor quality mainly affect the forced convective
contribution while heat flux and reduced pressure mainly affect the nucleate boiling. Considering the
thermo-physical properties reported in Table 3, this fluid exhibits very low vapor density and high
surface tension, which might promote the forced convective boiling rather than the nucleate boiling
which is also limited by the very low reduced pressure. These considerations are confirmed by the
experimental results plotted in Fig. 2 and Fig. 3 where the effects of the mass velocity and of the
heat flux are reported. In particular, Fig. 3 shows the effect of mass velocity on the heat transfer
coefficient as a function of mean vapor quality at an imposed heat flux of HF=15 kW m-2. At these
operating test conditions, the vapor quality change between inlet and outlet of the test section varies
from 0.09 to 0.17. It clearly appears that at all the investigated mass velocities, the heat transfer
coefficient increases almost linearly with the vapor quality, meaning that the two-phase forced
convection is mainly affecting in the phase-change process. At constant vapor quality, when passing
from 100 kg m-2 s-1 to 150 kg m-2 s-1, also the heat transfer coefficient increases. However, the heat
transfer coefficients measured at 200 kg m-2 s-1 are almost similar to those collected at 150 kg m-2 s1
. This behavior might be due to the saturation temperature drop related to the high two-phase
pressure drops, which increases with both mass velocity and vapor quality. The vapor quality at the
onset of the dryout phenomenon occurs earlier at low mass velocity; in fact, it was observed at
xmean=0.6, xmean=0.8, and xmean=0.85 at G=100 kg m-2 s-1, G=150 kg m-2 s-1, and G=200 kg m-2 s-1,
respectively.
Fig. 3 shows the effect of heat flux on heat transfer coefficient at a mass velocity equal to 200 kg m2 -1
s . Considering the results depicted in Fig. 3, it can be stated that at heat flux lower than 30 kW m2
, there is not any noticeable effect of this parameter on the boiling heat transfer, the heat transfer
coefficients are almost the same, and they strongly increase with vapor quality. For example, passing
from xmean=0.3 to xmean=0.6, the heat transfer coefficient increases from around 7500 W m-2 K-1 to
more that 10500 W m-2 K-1 When increasing the heat flux to 60 kW m-2, the heat transfer coefficient
shows a different behavior: at low vapor quality, the heat transfer coefficients were remarkably higher
than those measured at low vapor quality and then they only slightly increased with vapor quality,
meaning that the nucleate boiling is affecting the phase change process.
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Figure 2: Effect of mass velocity on heat transfer coefficient at HF=15 kW m-2.
G expressed in [kg m-2 s-1]
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Figure 3: Effect of heat flux on heat transfer coefficient at G=200 kg m-2 s-1.
HF expressed in [kW m-2].
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The vapor quality at the onset of the dryout phenomenon occurs earlier as the heat flux increases;
in fact, it was observed at xmean=0.85, xmean=0.8, and xmean=0.55 at HF=15 kW m-2, HF=30 kW m-2,
and HF=60 kW m-2, respectively.
The experimental frictional pressure gradients are plotted in Fig. 4 as a function of the mean vapor
quality, for the sake of clarity, only data relative to an imposed heat flux of 15 kW m-2 are reported.
The results show that the frictional pressure gradient increases with both the mass velocity and vapor
quality.
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Figure 4: Two-phase frictional pressure drop plotted against the vapor quality as a function of the
refrigerant mass velocity, G expressed in [kg m-2 s-1].

6. CONCLUSIONS
The paper presents experimental heat transfer coefficients and pressure drops measured during
R1224yd(Z) flow boiling inside a mini microfin tube with an inner diameter at the fin tip of 4.2 mm.
Tests were run at a constant mean saturation temperature of 30°C, by varying the vapor quality from
0.3 to 0.95, the mass velocity from 100 to 200 kg m-2 s-1, and the heat flux from 15 to
60 kW m-2. The results confirm that the heat transfer process is controlled by the two main
mechanisms that govern the flow boiling phenomenon, i.e. nucleate boiling and two-phase forced
convection, and that the prevailing one depends upon the actual operating test conditions. In general,
it can be stated that for this low pressure refrigerant, the two-phase forced convection seems to be
prevailing over the nucleate boiling. The two-phase frictional pressure drops were also measured.
They increase with both mass velocity and vapor quality. Finally, the results highlight the promising
heat transfer capabilities of mini microfin tubes during flow boiling; nevertheless, additional heat
transfer measurements with different tube diameters, different helical geometries, and different type
of refrigerants are surely needed.

7. NOMENCLATURE
A
cp,w
D
G
h

2

area (m )
water specific heat capacity (J kg-1 K-1)
fin tip diameter (m)
mass velocity (kg m-2 s-1)
fin height (m)

t
temperature (°C)
v
specific volume (m3 kg-1)
x
vapor quality (-)
Greek symbols
D
variation
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HTC
HF
J
k
I
L
𝑚̇
n
p
PEL
q
r
s

heat transfer coefficient (W m-2 K-1)
heat flux (W m-2)
specific enthalpy (J kg-1)
coverage factor (-)
electrical current (A)
heated length (m)
mass flow rate (kg s-1)
fin number (-)
pressure (Pa)
electrical power (W)
heat flow rate (W)
latent heat of vaporization (J kg-1)
thickness (m)

b
g
l
µ
s

helix angle (°)
apex angle (°)
thermal conductivity (W m-1 K-1)
dynamic viscosity (Pa s)
surface tension (N m-1)
Subscripts
in
inlet
f
frictional
L
liquid
out outlet
r
refrigerant
TS test section
w
water
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ABSTRACT
R1233zd(E) and R1234ze(Z) have been proposed as low Global Warming Potential (GWP)
refrigerants for high temperature heat pumps. But their application is still not widespread and their
heat transfer performance are still poorly investigated. This paper investigates the effects of
refrigerant mass flux and mean vapor quality on experimental heat transfer coefficients and frictional
pressure drops measured during R1233zd(E) saturated vapor condensation inside a 4 mm ID
horizontal smooth copper tube. New experimental tests were carried out at 40 °C of saturation
temperature, with refrigerant mass flux in the range 75–200 kg m −2 s −1 at decreasing vapor quality.
The data are compared against some well-known literature correlations and against other
experimental data collected by using R1234ze(Z) as two-phase fluid under the same testing
conditions.

1.

INTRODUCTION

R1233zd(E) and R1234ze(Z) are environmentally friendly molecules proposed to substitute R245fa
and other low-pressure high-GWP fluids in many applications (see for instance McLinden et al.,
2014). R1233zd(E) has GWP=1, close to zero ODP and a normal boiling temperature around 19°C,
which makes it suitable as blowing agent as well as refrigerant for electronics cooling application
and for high temperature heat pumps and chillers (Righetti et al, 2018). It seems to be advantageous
also if applied to Organic Rankine Cycles (ORCs) working with low temperature (t<150 °C) heat
sources (Li et al, 2017). For instance, four R1233zd(E) chillers, 26 MW refrigeration each, have been
installed to replace the existing R22 ones in order to maintain the Channel Tunnel temperature below
30°C.
R1234ze(Z) is a HFO molecule with zero ODP, an atmospheric lifetime of 10 days (Akasaka et al.,
2014) and a GWP lower than 1 (Hodnebrog et al., 2013). Furthermore, it is not toxic and classified
as mild-flammable (A2L). In 2009, Brown et al. (2009) were the first Authors to propose R1234ze(Z),
as an environmentally friendly substitute of R114 in high temperature heat pumps, thanks to its
favorable thermophysical and transfer properties, a critical temperature of 150 °C, a normal boiling
point around 9.7 °C, and a relatively high latent heat and thermal conductivity, among others
(Lemmon et al., 2017). During years, it has been also proposed as suitable refrigerant for hightemperature applications (Hu et al., 2017) and environmentally friendly drop-in replacement
(Giuffrida and Pezzuto, 2017). Longo et al. (2014) measured heat transfer coefficient and pressure
drop of R1234ze(Z) during saturated vapor condensation inside a commercial Brazed Plate Heat
Exchanger (BPHE).
This paper presents some new experimental tests carried out at 40 °C of saturation temperature,
with refrigerant mass flux in the range 75–200 kg m −2 s −1 at decreasing vapor quality during
R1233zd(E) condensation inside a 4 mm smooth tube. Average heat transfer coefficients and
frictional pressure drop are analyzed. Following, R1233zd(E) is compared against R1234ze(Z) under
the same working conditions.
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2.

EXPERIMENTAL MEASUREMENTS AND DATA REDUCTION

The experimental facility, shown in Fig. 1, consists of a refrigerant circuit, a water-glycol loop and a
refrigerated / cooling water loop. In the first loop the refrigerant is pumped from the sub-cooler into
the pre-evaporator, a brazed plate heat exchanger, where it is partially evaporated to achieve the
set quality at the inlet of the tubular test section. The refrigerant goes through the test section where
it is evaporated and then it comes back to a condenser and a sub-cooler, both brazed plate heat
exchangers. A variable speed volumetric pump varies the refrigerant flow rate, whereas a bladder
accumulator connected to a nitrogen bottle and a pressure regulator controls the operating pressure
in the refrigerant loop. The second loop is able to supply a water-glycol flow at a constant
temperature in the range of -10 to 30 °C with a stability within ±0.1 K used to feed the sub-cooler
and the condenser, whereas the third loop supplies a refrigerated water flow at a constant
temperature in the range of 3 °C to 30 °C with a stability within ±0.1 K used to feed the test section
and the pre-evaporator.

Figure 1: Schematic view of the experimental test rig

The test-section (Fig.2) is a double tube condenser in which the refrigerant vapor condenses in the
inner tube while the cooling water flows in the annulus. The test-section is subdivided into two
different parts: a pre-section, 200 mm long, in which the refrigerant flow achieves a fully developed
flow regime and the measurement section, 800 mm long, in which the heat transfer coefficient is
measured. This arrangement is obtained using a single inner smooth tube, 4 mm ID, 1300 mm long
and two separated cooling water jackets fed in series. The inner tube is instrumented with four
copper-constantan thermocouples embedded in its wall to measure surface temperature. The
thermocouples are inserted into two equidistant axial grooves, at the top and the bottom of the cross
section, 100 mm from the inlet and outlet of the cooling water. Each groove is sealed with a copper
wire fixed by epoxy.
The main features of the different measuring devices are reported in Table 1.
The experimental results are reported in terms of condensation average heat transfer coefficients
HTCr and frictional pressure drop pf. The condensation average heat transfer coefficient HTCr is
equal to the ratio between the heat flow rate Q, the heat transfer area A and the mean temperature
difference T:
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HTCr = Q / (A T)

Eq. (1)

The heat flow rate Q is derived from a thermal balance on the water-side of the measurement section,
the heat transfer area, named A, of the measurement section is equal to the area of the inner surface
of the test tube, and the mean temperature difference T is equal to the difference between the
arithmetical mean value of the reading of the four thermocouples embedded in the tube wall and the
average saturation temperature, derived from the average pressure on refrigerant side.
The frictional pressure drop on the refrigerant side pf is computed by subtracting the inlet / outlet
local pressure drop pc, and adding the momentum pressure recovery pa from the total pressure
drop measured pt:
Eq. (2)

pf = pt - pc + pa

Being the test section horizontal, no gravity pressure drops pg occur. For a more detailed data
reduction, please refer to Longo et al. (2017).

Figure 2: Schematic view of the test section
Table 1. Specification of the different measuring devices

Devices
T-type thermocouples
T-type thermopiles
Abs. pressure transducers
Diff. pressure transducers
Coriolis effect flow meters
Magnetic flow meters
Data logger

Uncertainty (k=2)
0.1 K
0.05 K
0.075 % f.s.
0.075 % f.s.
0.1 %
0.15 % f.s.
 2.7 µV

Range
-20/80 °C
-20/80 °C
0/3.0 MPa
0/0.3 MPa
0/300 kg h-1
100/1200 l h-1
0/100 mV
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3.

ANALYSYS OF THE EXPERIMENTAL RESULTS

24 R1233zd(E) experimental condensation tests with refrigerant and water counter-flow was carried
out at a saturation temperature of 40 °C, at decreasing vapor quality up to a subcooled liquid
condition. They were then compared against 24 experimental tests collected under the same working
conditions during R1234ze(Z) condensation in the same test rig. A detailed error analysis performed
in accordance with Kline and McClintock (1953) indicates an overall uncertainty within ±14 % and
±18 % for the R1234ze(Z) and R1233zd(E) heat transfer coefficient measurements, respectively and
within ±24 % and ±21 % for the total pressure drop, respectively.
Fig. 3 and Fig. 4 show the R1233zd(E) and R1234ze(Z) condensation heat transfer coefficient HTC
against mean vapor quality at 40 °C saturation temperature and four different refrigerant mass fluxes,
namely G=75, 100, 150, and 200 kg m-2 s-1. In all the reported measurements, the vapor quality
change along the test section was always lower than 0.3.
During condensation inside smooth tubes, the two main dominant heat transfer regimes are gravity
controlled and forced convection condensation. In the first regime the condensate drainage, and
therefore the heat transfer coefficient, is mainly affected by gravity. It occurs at low vapor quality and
low mass fluxes. Whereas, in the second regime the vapor shear controls the two-phase heat
transfer mechanism. By analyzing Fig. 3 and Fig. 4, one can notice that heat transfer coefficients
increase with the vapor quality, and the slope becomes higher at higher refrigerant mass fluxes,
indicating a dominant effect of the forced convection condensation mechanism.
Fig. 5 and Fig. 6 show the R1233zd(E) and R1234ze(Z) condensation frictional pressure drop,
evaluated accordingly Eq. (2), against refrigerant mass flux at 40°C of saturation temperature and
five different refrigerant mass fluxes, namely G=75, 100, 150, and 200 kg m-2 s-1. Frictional pressure
drops lower than 2000 Pa were not taken into account, since such data should be affected by a too
large uncertainty. As expected, frictional pressure drop increases with the mass flux and the vapor
quality.
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Figure 3: R1233zd(E) condensation heat transfer coefficient vs. vapor quality at 40 °C
saturation temperature and mass flux equal to 75, 100, 150, and 200 kg m -2 s-1
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Figure 4: R1234ze(Z) condensation heat transfer coefficient vs. vapor quality at 40 °C saturation
temperature and mass flux equal to 75, 100, 150, and 200 kg m -2 s-1
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Figure 5: R1233zd(E) condensation frictional pressure drop vs. vapour quality at 40 °C saturation
temperature and mass flux equal to 75, 100, 150, and 200 kg m -2 s-1
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Figure 6: R1234ze(Z) condensation frictional pressure drop vs. vapour quality at 40 °C saturation
temperature and mass flux equal to 100, 150, and 200 kg m -2 s-1

The present experimental heat transfer coefficients were compared against some well-established
heat transfer correlations for condensation inside smooth tubes. The Akers et al. (1959) model
satisfactorily predicted the forced convection condensation data in terms of mean relative percentage
deviation (MRPD= -7.2 % for R1233zd(E) and MRPD= 11.2 % for R1234ze(Z)) and mean absolute
percentage deviation (MAPD= 17.8% for R1233zd(E) and MAPD= 25.2 % for R1234ze(Z)) between
the experimental data and the calculated values.
Furthermore, the experimental data set was assessed several correlations for two-phase pressure
drop inside tubes. The classical Friedel (1979) and Muller-Steinhagen and Heck (1986) models
satisfactorily predicted the experimental values, as reported in Table 2.
Table 2. Comparison between experimental frictional pressure drops and values calculated
according some literature models

Muller-Steinhagen & Heck
(1986)
Friedel (1979)

4.

MRPD
MAPD
MRPD
MAPD

R1233zd(E)
R1234ze(Z)
22.7
1.6
13.3
12.0
26.3
6.3
18.3
15.9

CONCLUSIONS

This paper presented some experimental data collected during R1233zd(E) and R1234ze(Z)
condensation inside a 4 mm ID horizontal copper smooth tube flux at 40°C of saturation temperature
and five different refrigerant mass fluxes, namely G=75, 100, 150, and 200 kg m-2 s-1. The effects of
refrigerant mass flux and mean vapor quality on heat transfer coefficient and frictional pressure drop
were discussed. Following, the experimental data were assessed against several heat transfer
coefficient and frictional pressure drop correlations available in the open literature. The Akers et al.
(1959) model satisfactorily predicted the forced convection condensation data, while Friedel (1979)
and Muller-Steinhagen and Heck (1986) models were able to properly capture the measured
frictional pressure drops.
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NOMENCLATURE
A
G
HTC
k
p

heat transfer area (m2)
refrigerant mass flux (kg m-2s-1)
heat transfer coefficient (W m-2 K-1)
coverage factor (-)
pressure (Pa)

q
Q
T
X


heat flux, q = Q / A (W.m-2)
heat flow rate (W)
temperature (°C)
vapor quality (-)
difference (-)
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ABSTRACT
Although several alternative low GWP refrigerants including natural have been proposed, the
HVAC industry consensus on how to deal with the attendant issues is still evolving. This paper
provides a qualitative and quantitative insight into the peculiar phase boundary shapes of
refrigerants, essential for understanding their application, and in evaluating existing and future
refrigerants. The methodology is firmly grounded in the thermodynamics of phase equilibria and
the criteria of positive-definiteness, a direct consequence of the Second Law and the existence of
intermolecular forces (IMF). The formal methodology is strikingly easy to implement in practice and
explains clearly why certain refrigerants display “re-entrant” behavior while others do not. The
paper shows how an evidence-based selection can be made among the 40 refrigerants analyzed
in this study.
Keywords: Low GWP, alternate refrigerants, heat pumps, VLE

1. INTRODUCTION
The nocuous environmental impact of human activity on climate demands that low GWP and low
ODP refrigerants be identified and used in HVAC and water heating applications. The latest
attempt under the Kigali amendment (2016) to the Montreal Protocol emphasized phase-down of
hydrofluorocarbons (HFCs). A consequence was the emergence of hydrofluorolefins (HFOs) or
unsaturated HFCs which are the fourth generation of fluorine-based refrigerants. HFOs
characteristically have zero ODP, low GWP but are classified as mildly flammable (A2L gases).
They are also very expensive (Nawaz et al., 2017a,b). In contrast, competing natural refrigerants,
ammonia, carbon dioxide, propane are attractive alternatives. Evaluation of potential fluids based
on the characteristics of the P-T and T-S phase boundaries as suggested by Morrison (1994) is
instructive. The path taken by a refrigerant in a heat pump cycle crosses the saturation boundary
and its ultimate effect on systemic performance depends on the shape (skewness) of the T-S
boundary and the existence of a “re-entrant” region. A direct consequence is “wet-compression”
which can cause mechanical damage to the compressor and loss of efficiency. This paper uses the
properties of the phase boundary to screen potential refrigerants. On this basis it recommends
attractive natural refrigerants for widespread applications. In a companion paper (DOI:
10.18462/iir.icr.2019.1430) the performance of the selected natural refrigerants in four discrete
heat pump cycles is evaluated with one natural refrigerant dominating in performance.
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2. P-T SATURATION BOUNDARY
The refrigerants evaluated in this paper are ordered by their respective GWP in Table 1 in which
the first ten refrigerants have attractively low GWP of interest as alternatives refrigerants. The
saturation vapor pressure at the VLE phase boundary plotted in Figure 1 as log P vs. T-1 yields
near linear slope proportional to the latent heat of vaporization of the respective refrigerant as
given by the Clausius-Clapeyron equation Eq. (1). The slope of Eq. (1) is essentially constant for
the temperature range of interest and becomes zero at the critical point (not shown) where the
distinction between vapor and liquid phases disappears.
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Eq.	
  (1)	
  

By treating the log P vs. T-1 plot as essentially linear, we are taking an average value of ∆H over
the temperature range for each refrigerant. The log P vs. T-1 phase defines the operational limits of
pressure and temperature over which a refrigerant may operate and the magnitude of ∆H is a
measure of the refrigerant charge needed. Most applications would be limited to abscissa values of
0.25-0.4 corresponding to 127°C - 23°C (covering HVAC and water heating applications).The
magnitude of ∆H (molar basis) is due to the combined effect of molar mass and intermolecular
forces (IMF) between the molecules. The IMF includes dipole-dipole, ion-dipole interactions,
hydrogen bonding, London dispersion forces, etc. ∆H is determined by the strength of IMF
because extra energy must be expended to overcome these interactions. Molecules of high molar
mass possess degrees of freedom due to translational, rotational, and vibrational modes of energy
that must be overcome during vaporization resulting in higher ∆Hmolar. These compounds tend to
reside on the left side of Figure 1 whereas those with lower ∆Hmolar tend to reside on the right side.
Table	
  2 lists refrigerants by their ∆Hmolar and molar mass. Ammonia with a small molar mass has
high ∆Hmolar because of IMF (ion-ion, dipole-dipole interaction from lone electron pairs) requiring
extra energy for liquid to vapor phase transition. Both molar mass and IMF contribute to ∆Hmolar.
Table 1. Refrigerants ordered according by increasing GWP (Strocker et. al. 2013)
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Despite similar ∆Hmolar values of 23.3 and 22.3.1 kJ·mol-1 for ammonia and R1234ze, respectively,
the latent heat of vaporization on a mass basis (∆𝐻) is very different because of the differences
between their molar masses. For HVAC, the latent heat per unit of mass (tabulated as ∆𝐻  in Table	
  
2) is significant because HVAC charge is quantified gravimetrically. On this basis, the latent heats
of NH3 and R-1234ze are 1369.4 and195.6 kJ·kg-1 respectively, making the refrigerant charge for
ammonia for a given evaporator duty the lowest among these two refrigerants. Both, molar mass
and IMF are important considerations in selecting and discriminating refrigerants with a direct
bearing on evaporator and condenser sizing.

	
  
Figure 1: Saturated vapor pressures of refrigerants plotted according to Eq. (1). The slopes of these
lines are proportional to the latent heat of vaporization at corresponding saturation temperature. The
top most curve (short line) is the VLE for CO2.The parenthesized number next to the refrigerant in the
legend corresponds to the listed number of the refrigerant in Table 1.Data obtained using REFPROP
9.1

3. T-S SATURATION PHASE BOUNDARY
3.1 Qualitative Analysis
Since the T-S phase boundary shape differs markedly from one refrigerant to another,
transposition through scaling their temperatures relative to their respective boiling points and their
entropies relative to the entropy of vaporization at their respective normal boiling points (Morrison
(1994)) puts them on a common comparative basis. Selected refrigerants in Table 1 reveal a
peculiar bell-shaped curve for the modified T-S phase boundary as shown in Figure 2. Within the
same class of refrigerants for example the HCs, skewness increases with increasing molar mass.
Skewness causes a portion of the vapor-liquid branch to have a “re-entrance” region meaning that
a line parallel to the ordinate crosses the saturation vapor boundary three times. Skewness is the
cause of “wet-compression” occurring towards the end of the compression process, potentially
damaging the compressor and lowering cyclic efficiency. Carbon dioxide with ODP=0 and GWP=1
is excluded from Table 2 because at 1 bar, it sublimes and does not possess a npb. Its VLE line is
not until its triple point of 5.26 bar. Due to its importance in commercial refrigeration and water
heating, it is treated in a separate section below.
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Table 2. Properties of refrigerants at their respective nbps. The rightmost column is used to evaluate
Eq.(5).
No. Refrigerant
1
26
21
25
23
19
20
32
18
34
31
16
14
30
5
17
27
28
33
12
13
7
6
39
35
37
38
29
36
24
22
15
11
3
2
8
9
4
10

ammonia
R32
R454B
R452B
R447A
ARM-71a
R446A
R22
R444B
R410A
R407F
R454A
R455A
R407C
propylene
ARM-20b
R448A
R449A
R407A
R152a
R457A
R441A
propane
R143a
R452A
R404A
R507A
R134a
R125
R513A
R450A
R451B
R451A
R1234ze
R1234yf
isobutane
butane
R1233zd
R123

Molar Mass
nbp
(kg/kmol)
17.03
52.024
62.61
63.525
63.045
62.985
63.123
86.468
72.76
72.585
82.058
80.5
87.5
86.204
42.08
76.544
86.283
87.213
90.111
66.051
90.85
48.305
44.096
84.041
103.5
97.604
98.859
102.03
120.02
108.4
108.67
112.558
112.689
114.04
114.04
58.122
58.12
130.5
152.93

nbp

Cp

∆H

∆Hmolar Cp-∆Hmolar/Tb

J·mol-1·K-1 kJ·kg-1 J·mol-1

(°C)

K

-33.30
-51.70
-50.40
-50.60
-49.30
-48.77
-49.30
-40.80
-44.50
-51.40
-46.10
-47.60
-51.80
-43.60
-47.60
-42.20
-45.90
-45.60
-45.00
-24.00
-42.20
-41.50
-42.10
-47.20
-46.80
-46.20
-46.70
-26.10
-48.10
-29.30
-23.40
-29.70
-29.60
-19.00
-29.50
-11.70
-0.50
18.30
27.80

239.85
221.45
222.75
222.55
223.85
224.38
223.85
232.35
228.65
221.75
227.05
225.55
221.35
229.55
225.55
230.95
227.25
227.55
228.15
249.15
230.95
231.65
231.05
225.95
226.35
226.95
226.45
247.05
225.05
243.85
249.75
243.45
243.55
254.15
243.65
261.45
272.65
291.45
300.95

39.12
45.50
51.33
51.91
52.01
52.03
52.30
52.43
59.18
58.54
62.69
63.61
66.71
65.62
56.06
62.91
66.25
66.78
67.63
64.51
70.64
68.85
63.52
70.98
76.25
76.32
76.87
81.02
83.67
86.93
88.44
91.11
91.28
94.55
92.69
89.91
95.38
106.83
107.14

1369
382
322
317
318
319
323
234
284
273
254
256
237
245
439
268
240
238
232
330
239
423
426
227
195
200
197
217
164
197
201
185
184
196
180
365
386
195
170

J·mol-1·K-1

23322
19869
20175
20121
20055
20091
20035
20211
20658
19808
20807
20589
20742
21116
18467
20486
20681
20771
20890
21790
20940
20446
18766
19044
20174
19566
19467
22139
19697
21351
21893
20775
20751
22311
20556
21218
22419
25492
26029

-58.11
-44.22
-39.25
-38.50
-37.59
-37.51
-37.20
-34.56
-31.17
-30.79
-28.96
-27.67
-27.00
-26.37
-25.82
-25.79
-24.76
-24.50
-23.94
-22.95
-20.02
-19.41
-17.70
-13.30
-12.88
-9.90
-9.10
-8.59
-3.85
-0.63
0.78
5.77
6.08
6.77
8.32
8.75
13.15
19.36
20.65

	
  

The reason for skewness can be found by examining Eq. (2), derived from S=S(T,V). From the
!"

extremum principle and stability requirements (Callen (1960)),

!" !
!"

term on the right side of Eq. (2) is always positive. The value of
substances like water and He-II. The value of
liquid or vapor branch of the phase boundary.
!"
!" !"#.

=

!"
!" !"#.

!" !

=

!
!!

> 0, implying that first

is positive, except for a few

may be positive or negative depending on the
!

Eq. (2)

!!
!" !"
!
!
!" ! !" !"#.

Referring to Figure 3, for the liquid branch of the phase boundary,

!"
!" !"#

> 0, making both terms of

Eq. (2) >0 along the liquid branch approaching the critical point. Nearing the critical point,

!"

!" !"#
!"
!" !"#

→ ∞. Both 𝐶! and

!"

!" !"#

while being positive become infinite at the critical point, making

= 0 (see Figure 2) from the liquid branch side of the curve. For the vapor branch, the first

term, 𝐶! 𝑇, in Eq. (2) is positive. Along the vapor branch,

!"
!" !"#

remains <0 from low temperatures

becoming more negative approaching the critical point. At the critical point, 𝐶! 𝑇 → +∞, but the
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!"

negative infinity of

!" !"#

is mathematically dominant (Morrison (1994); Sengers (1991)), making

the right hand terms of Eq. (2) and
2).

!"
!" !"#

= 0 (zero slope at the critical point as indicated in Figure

	
  
Figure 2: Modified T-S saturation boundaries for select refrigerants where temperatures are
normalized relative to the respective boiling points (T/Tb) and entropies are normalized relative to the
respective entropy of vaporization at the normal boiling point:
marked skewness display “re-entrant” behavior.

The value of

!"
!" !"#

𝑺 𝑻 !𝑺𝑳 𝑻𝒃

𝑺𝒗 𝑻𝒃 !𝑺𝑳 𝑻𝒃

. Refrigerants that have a

along the vapor branch goes from a small negative value at low 𝑇  to zero. It

could become >0 along a narrow range in the vapor branch if 𝐶! 𝑇 becomes larger than

!"
!" !"#

.

This can happen with larger molecules whose 𝐶! increases with molecular complexity with many
degrees of translational, rotational, and vibration modes of energy (Morrison (1994)).
The origin of the “re-entrant” region is a consequence of a “tug-of-war” between the positive value
of 𝐶! 𝑇 and the negative value of
refrigerants that display

!"
!" !"#

!"

!" !"#

over the range of 𝑇. “Re-entrant” behavior is expected for

>0 in the T-S domain of the saturation vapor curve as in Figure 2.

3.2 Quantitative Analysis
A quantitative assessment of the T-S phase boundary is made starting with S=S(T,P) yielding,
!"
!" !"#.

=   

!

Eq. (3)

!!
!" !"
! !" !"
!
!
!"#.

Assuming modest temperatures and pressures where the ideal gas model reasonably applies to
the saturated vapor phase, we obtain Eq. (4) using 𝑃𝑉 = 𝑅𝑇 and its derivatives in Eq. (3),
!"
!" !"#.

=   

!
!!
! !"#$
  !   ! !!
!
! !!
!"#.

=

!
! !!

! !"#$
!!!!

!!   !  !

Eq. (4)
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Figure 3: The saturated phase boundaries for various refrigerants with temperatures normalized
relative to their respective critical temperatures, and volumes normalized relative to their respective
critical volumes

Substituting Eq. (1) in Eq. (4) with slight algebraic manipulation yields Eq.(5)
!"

!" !"#.
!"
!" !"#.

=

!

!!   !  

∆!!"#$%
!

Eq.(5)

may be evaluated anywhere along the T-S saturation boundary, but a convenient point is at

the nbp where pressures and temperatures are low enough for the assumptions used in deriving
Eq.(5) are valid. The case of CO2 is treated separately because at 1bar, it sublimes directly from
solid to vapor unlike the other refrigerants that undergo liquid to vapor transition. Table	
  2 lists the
two terms involving 𝐶! , ∆𝐻!"#$% , and 𝑇 = 𝑇! in the denominator of Eq.(5) evaluated at the
respective nbps. The rightmost column of Table	
   2 quantifies the “tug-of-war” between 𝐶! and
∆!!"#$%
!

terms in the denominator of Eq.(5) where both, molar mass, and IMF exert their relative

influences to determine their net algebraic sign. Refrigerants with a positive value of 𝐶! −   

∆!!"#$%
!!

must possess re-entrant regions exemplified by R1234ze, R1234yf, isobutane, n-butane, etc. (see
Table	
  2).
3.3 Carbon Dioxide
Various CO2 subcritical, transcritical and supercritical systems are being utilized in applications
such as refrigeration, HVAC, water heating and power generation (Nawaz et al., 2018, Sharma, et.
al., 2014, Sharma, et al., 2015; Ahn et. al, 2015; Girotto e. al., 2004; Mazzola, et. al., 2012;
Sawalha, 2007) because such systems are competitive with those which currently use refrigerants
such as R-404A., R-22, and R-507. Besides performance, leakage rates from 3% to 35% for inuse equipment is not unusual (Sharma, et. al., (2014)). Since CO2 sublimes at 1 bar and does not
exhibit VLE until it reaches saturation at its triple point (5.2 bar, 216.59K) we show (Figure 4) that
this fluid has no “re-entrant” characteristic based on its VLE phase boundary relative to the triple
point or the critical point, instead of the nbp as done for the other refrigerants (discussed
previously).
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Besides Figure 4, further confirmation that CO2 does not have a “re-entrant” region comes from
evaluating Eq.(5). From Figure 1 and Eq. (1), ∆Hv obtained graphically is ~15,000J/mole which
compares favorably with the value of 14041.4 J/mole at 235K obtained from REFPROP. The value

	
  
Figure 4: (Left):Modified T-S saturation boundaries for carbon dioxide where temperature is
normalized relative to the triple point (T/Ttp) and entropy is normalized relative to the entropy of
vaporization at the triple boiling point,

𝑺 𝑻 !𝑺𝑳 𝑻𝒕𝒑

𝑺𝒗 𝑻𝒕𝒑 !𝑺𝑳 𝑻𝒕𝒑

. (Right): Reduced saturation boundary relative to

critical volume and temperature. Values obtained using REFPROP ver. 9.1

of Cp from REFPROP at the same temperature is 46.24 J/mol-K. Substituting these values in
Eq.(5) yields -13.51 J/mol-K which is <0 indicating no “re-entrant” region for CO2.

CONCLUSIONS
The shape of the phase boundary is governed by IMF, the molecular structure and the molar mass
of a refrigerant molecule. This paper explains that skewness of the T-S phase boundary quantified
by

!"

!" !"#.

explains why some refrigerants exhibit “re-entrant” characteristics while others do not. The

P-T phase boundary prescribes appropriate pressure and temperature ranges over which
prospective refrigerants may operate as a practical working fluid. Among low GWP (<10)
refrigerants, ammonia, CO2 and propane are leading candidates.

ACKNOWLEDGEMENTS
The authors are grateful to the U.S Department of Energy, Building Technologies Office for
supporting this work. We thank Dr. Ayyoub Momen, Dr. Brian Fricke, and Dr. Bo Shen for
reviewing the manuscript.

NOMENCLATURE
	
  
Cp
GWP
∆Hv

specific heat ( kJ·mol-1·K-1 or
kJ·kg-1·K-1 )
global warming potential
enthalpy of vaporization
(kJ·mol-1 or kJ·kg-1)

HVAC
ODP
P
R

heating , ventilation, airconditioning
ozone depletion potential
pressure, Pa or bar
gas constant, (8.314 x 10-3
kJ·mol-1·K-1)
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S
T
V
VLE
Greek
𝜕
subscripts
b or nbp

entropy (kJ·K-1)
temperature (°C or K)
volume (m3)
vapor-liquid equilibrium

c
molar
P
sat.
tp
V

partial derivative
normal boiling point

critical point (temperature,
volume)
per mole, mol-1
constant pressure
saturated state or condition
triple point
constant volume
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ABSTRACT
Flow-induced noise generated by the expansion devices is disturbing to the user because of its highfrequency properties. In the paper, a pumped R134a loop and the simultaneous measurements
including the accelerometer, the microphone, the high-speed pressure transducer, and the high-speed
camera are utilized. Thus, the flow-induced noise can be related to specific flow movements recorded
by the camera. The observed frequency range of the gurgling noise is between 7.5 kHz to 10 kHz,
whereas that for the hissing noise is above 10 kHz. The gurgling noise is generated by the flow
oscillating movement whereas the hissing noise is caused by the flow-structure interaction. The hissing
noise can be enhanced by the structural modes and exists in all kinds of flow regimes. The gurgling
noise only exists when TXV inlet has two-phase flow. The acceleration signal matches the microphone
signal and the accelerometer can be used to simulate the flow-induced noise.
Keywords: Gurgling noise, Hissing noise, Flow regimes, Flow visualization, Flow-induced noise

1. INTRODUCTION
There are four kinds of noise in HVAC& R systems: the mechanical noise generated by the compressor
movement, the flow-induced noise produced by the evaporator, the high-pitched tone generated by the
start flow passing the A/C charge port cavity, and the high-frequency noise in expansion devices. The
mechanical movement of a compressor usually has low frequency, high amplitude, and appears far from
people. The frequency of flow-induced noise in the evaporator is about 500 Hz to 1000 Hz (Thawani et
al., 2005), and the high-pitched tone is about 2000 Hz (Thawani and Liu, 2007). The expansion devices’
flow-induced noise is more annoying since it is close to the occupants and the frequency is always very
high. The frequency of the noise determines the sharpness of the sound. When the sharpness of the
sound is high, people will feel more unpleasant. This paper talks about the properties of the unpleasant
flow-induced noise in the expansion devices and the relationship between the flow-induced noise and
flow regimes. By comparing the simultaneous measurements of the flow-induced noise and flow regimes
before and after the expansion devices, the flow mechanism for different types of noise can be explored.

2. SOUND PROPAGATION THEORY AND EXPERIMENTAL SETUP
Noise propagation by the structure is discussed in this section. After the TXV throttles the R134a flow,
the internal flow generates an internal traveling sound wave and excites the tube connected to the TXV
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into vibration. The internal sound wave that form the acoustic modes has the possibility to couple with
the structural modes. The coupling range is discussed here.
2.1 Cut-off Frequency
After being throttled, the internal flow oscillates and generates several sound waves. Some sound waves
decay very fast, some sound waves form acoustic modes that can travel along the geometry at certain
frequency. As shown in Fig. 1a, ten kinds of acoustic modes are shown (Rodarte et al., 1999). The
human audible zone is from 20 Hz to 20 kHz, so that only the first two or three orders of acoustic modes
are of interest (Rodarte et al., 1999). The cut-off frequency is the minimum vibrating speed that acoustic
modes are formed, which is defined in the Eq. (1) (Rodarte et al., 1999):
1

(𝑓𝑐𝑜 )𝑝,𝑞 =

𝑐𝑘𝑝,𝑞 (1−𝑀)2

Eq. (1)

2π

In the present pumped R134a loop, the velocity of the flow is too small to be taken into consideration
compared to the sound speed, so that the Mach number is close to zero. The cut-off frequency of the
(1,0) acoustic mode for this tube is about 8.6 kHz.
2.2 Natural Frequency
Tubes have their natural modes of vibration that are called the structural modes. The internal flow
vibration excites the tube into vibration. In addition, this tube vibration can further enhance the flow
vibration. The natural frequency of the structure is determined by the geometry characteristics. Good
coupling between structural modes and acoustic modes amplifies the flow-induced noise. Coupling
structural and acoustic modes requires matching the mode order. For instance, (m,1) structural mode
can only couple with (1, q) acoustic mode (Fig. 1c). The natural frequencies of the structural modes are
shown in Eq. (2) and Eq. (3) (Blevins, 1979):
𝑓𝑚,𝑛 =

𝜆𝑚,𝑛 =

1

𝜆𝑚,𝑛

𝐸
2
[
]
2𝜋𝑎𝑚𝑖 𝜌𝑚𝑎 (1−𝑣 2)
1
4 2
𝑚𝜋𝑎𝑚𝑖 2
ℎ2
2
+(
)(𝑛 +( 𝑙 ) ) ]
12𝑎2
𝑚𝑖
2
𝑚𝜋𝑎
𝑛 2+( 𝑙 𝑚𝑖 )

𝑚𝜋𝑎
[(1−𝑣 2)( 𝑙 𝑚𝑖 )

Eq. (2)

4

Eq. (3)

When the tube connected to the noise source is long enough, the geometry natural frequency will not
be influenced by the axial mode shapes as shown in Fig. 1b. Since the tube connected to the TXV is
also connected to the other parts in the system, the length of the tube connected to the noise source is
assumed to be infinite. The thickness of tube wall is 1.245 mm. The natural frequency of the (m,1)
structural modes is about 11.7 kHz. When the circumferential mode order is bigger than 1, the natural
frequency exceeds the human audible zone. Thus, the cases (n>1) are not of interest in this paper.
2.3 Coupling Range
When the flow oscillates at the speed around the structure’s natural frequency, the coupling of the
acoustic modes and structural modes happens. The coupling effect that enhances the flow-induced
noise is called resonance. The resonance range is defined in Eq. (4) (Blevins and Bressler, 1993):
0.8𝑓𝑚,𝑛 < (𝑓𝑐𝑜 )𝑝,𝑞 < 1.2𝑓𝑚,𝑛

Eq. (4)

The coupling effect of the structure happens when the flow oscillates at frequency between 9.4 kHz to
14.1 kHz.
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a.

b.

c.

Figure 1: Internal acoustic modes (a) and structural modes (b, c) with sound wave disturbance (Rodarte
et al., 1999)

2.4 Experimental Setup
In this experiment, a pumped loop with R134a is used for circulation (as shown in Fig. 2a and Fig. 2b).
A water-source evaporator connected to a TXV at the low-pressure side provides the superheat that
controls the opening state of the TXV. The constant temperature water tank provides the heat source
for the evaporator that maintains the superheat at evaporator outlet. The entire set up is located in a
semi-anechoic chamber. The evaporator and TXV are connected using four visualization sections as
shown in Fig. 2c: one at the TXV upstream position, two at the TXV’s downstream position, and another
one at evaporator’s downstream position. Therefore, the flow regimes before and after the TXV can be
observed. The acceleration of the tube wall indicates the tube’s behavior excited by internal flow
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oscillations; an accelerometer is installed in the normal direction. The high-speed pressure transducer
can record the internal pressure variation which indicates the flow oscillations inside the structure. The
flow regimes after being throttled change very fast, so that it is hard to visualize with the bare eye. In
this paper, the flow regimes are observed by two high-speed cameras as shown in Fig. 2d. Two highspeed cameras are located in front of the visualization parts to observe the flow regimes at the TXV
inlet and outlet. Microphone, accelerometer, pressure transducer, and high-speed cameras are synced
in order to compare different data at the same time. The microphone is set up 5 cm from the TXV in a
downstream position.
a.

b.
Visualization sections

Superheat

c.

d.

Figure 2: Schematic of the facility (a), arrangement of test component (b), visualization sections (c), and
high-speed camera (d)

The sampling rate of the microphone, accelerometer, and the high-speed pressure transducer is set to
44.2 kHz. The human audible zone is from 20 Hz to 20 kHz. A Fast-Fourier-Transform method can
transform the data from the time domain to the frequency domain, giving a spectral range from 0 to 22.1
kHz which covers the human audible zone. The testing conditions are listed in Table 1. The case 6 in
Table 1 is a comparison test that shows the environmental noise when the system is not working. Five
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thermocouples and two mass flow meters are used in the experiment. The uncertainties of the
experiments are listed in Table 2.
Table 1. Testing conditions for experimental evaluation

Low-side pressure (kPa)
Quality (-)
Mass flow rate (g/s)

Case 1
600
0.02
10

Case 2
600
0.05
10

Case 3
600
0.07
10

Case 4
600
Subcool=1℃
8

Case 5
600
Subcool=1℃
5

Table 2. Summary of measured and calculated property uncertainties

Thermocouple reading (℃)
±0.5

Mass flow rate reading (g/s)
±0.1

Pressure reading (kPa)
±2

Case 6
600
Halt
Halt

Quality (–)
±0.01

3. EXPERIMENTAL RESULTS
3.1 The Characteristics and Generation Mechanism of Flow-induced Noise
There are two types of flow-induced noise that can be noticed during the experiment. One of the noise
sounds like gurgling, and another sounds like hissing. From Fig. 3 the flow-induced noise that distributes
from 7.5 kHz to 10 kHz is called gurgling noise, which is the most noticeable noise generated during the
process. The flow-induced noise that distributes over 10 kHz is called hissing noise. The peak of a
gurgling noise appears at about 9 kHz while the peak of a hissing noise appears at about 14 kHz.
According to the coupling range mentioned in the previous section, both the gurgling noise and the
hissing noise can be enhanced as coupling with the structural mode. However, the gurgling noise can
only be enhanced when the frequency of noise distributes from 9.4 kHz to 10 kHz. Thus, the coupling
effect is more influential on the hissing noise. Noticeable gurgling noise only appears when the TXV has
two-phase at the inlet. The gurgling noise is hardly noticeable when the TXV inlet is subcooled flow, so
that the hissing noise is the dominant type of noise disturbing occupants. An increase in the amplitude
of a gurgling noise is seen in Fig. 3b when higher mass flow rate passing the expansion devices. By
comparing Fig. 3a and Fig. 3b, the flow-induced noise is less annoying when the TXV inlet is subcooled.
As the quality at TXV inlet increases (Fig. 3a), the gurgling noise becomes more severe and the hissing
noise is not obviously influenced.

Figure 3: The noise spectra for the flow with different quality (a) and noise spectra when TXV inlet flow
is single phase (b)
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The existence of vapor is the main reason for the generation of the gurgling noise. As observed from
Fig. 4, when the inlet flow at TXV inlet is two-phase with oscillations, the flow regime at TXV outlet
becomes more turbulent. Also, more flow oscillations can be seen when a gurgling noise is heard.
Because of the existence of vapor phase, more bubbles and unsteady flow appears. From Fig. 4, when
gurgling noise appears, the back and forth movement of the flow at TXV outlet can be observed at the
TXV inlet. When the proportion of vapor increases, the mean flow becomes more compressible and the
flow oscillation becomes more intense. When hissing noise happens, only forward flow and flow
stagnation can be seen from the visualization part at TXV outlet. Also, a hissing noise exists under all
kinds of TXV inlet flow regimes at TXV inlet including the subcooled flow condition. Due to the fact that
the amplitude of hissing noise does not vary as the quality of the flow at TXV inlet changes, a hissing
noise is more likely to be caused by the flow and structure interaction, which is influenced by the vibration
status of the tube. Also, hissing noise distributes within the range that can be propagated by the structure.
The coupling effect of the acoustic modes and structural modes enhance the hissing noise.
Noise type
TXV inlet

Hissing noise: above 10 kHz

Gurgling noise: 7.5 kHz to 10 kHz

Forward flow with some stagnation

Forward and reversed flow caused by
the two-phase flow upstream

TXV outlet

Flow movement
description

Figure 4: Mechanism for different types of flow-induced noise

3.2 The Comparison of Different Measurements
As shown in Fig. 5, the spectrum of the acceleration of the tube in normal direction matches the
microphone spectrum perfectly. The result indicates that the flow and the structure interaction truly exist.
The flow inside the tube hits the tube wall and experiences a reaction force which enhances the flow
oscillations. The peak at about 1000 Hz is the flow-induced noise generated by the evaporator that is
connected to the TXV. The flow-induced noise can be simulated by the acceleration signal. The inflow
pressure transducer recognizes obvious oscillations within low frequency range. These oscillations do
not show up in the acceleration and microphone spectra. Some of the sound waves without enough
acoustic energy tend to decay very fast, some of them can propagates through the system but not being
able to couple with the structural vibration. The high-frequency sound waves with enough vibration
amplitude form the acoustic modes and resonant with the structural vibration. The microphone spectrum
shows that the noise above 10 kHz becomes more intense compared to the acceleration spectrum. This
is due to the coupling effect of the structure when the tube’s natural frequency and the flow ’s vibrating
frequency matches. With the help with MATLAB, the flow-induced noise can be simulated by the
acceleration signal. The simulated noise has similar sound characteristics to the real flow-induced noise
recorded by the microphone. Thus, the accelerometer can be used as a replacement of a microphone
to study the flow-induced noise.
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Figure 5: Signal comparison of different measurements

4. CONCLUSIONS
In this paper, simultaneous measurements are used to study the mechanism of the flow-induced noise.
The measurements including the microphone, the accelerometer, the high-speed pressure transducer
and the high-speed camera are synced in order to visualize the flow regimes and flow-induced noise at
the same time. The gurgling noise is distributed within the frequency range from 7.5 kHz to 10 kHz,
while the hissing noise is above 10 kHz. With a 12.7 mm aluminum tube, the natural frequency is 11.7
kHz, and the coupling effect between the flow oscillation and the structural vibration will happen when
the flow oscillates at frequency between 9.4 kHz and 14.1 kHz. Gurgling noise only appears when TXV
inlet is two-phase flow. The flow back and forth oscillation can be observed when the gurgling noise
happens. Therefore, the gurgling noise is supposed to be the result of flow oscillations. A hissing noise
exists in all kinds of flow regimes and can couple with the first order structural modes. Hissing noise will
not change a lot despite the flow regimes at TXV inlet. No obvious flow oscillation at the TXV outlet can
be seen when a hissing noise happens. The hissing noise is more likely to be influenced by flow and
structure interaction. The acceleration spectrum of the tube in a normal direction matched the
microphone spectrum perfectly except for the vibration above 10 kHz. The difference can be explained
by the coupling effect of acoustic modes and structural mode: the high-frequency flow oscillation is
enhanced by the structure. The accelerometer can be used as a replacement to study flow-induced
noise which is much cheaper.
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NOMENCLATURE
Symbols and Abbreviations
𝑎
tube radius [m]
c
speed of sound [m×s-1]
E
modulus of elasticity [N×m -2]
f
frequency [Hz]
h
tube thickness [m]
l
length of the tube [m]
𝑘
wave number [-]
M
Mach number [-]
TXV thermal expansion valve
𝑣
Poisson's ratio [-]
𝜌
density [kg×m−3 ]

dimensionless parameter associated
with a structural natural frequency [-]
Subscripts
co
cut-off
i
interior
ma
material
mi
medium
m
axial mode shape number
n
circumferential mode shape number
o
exterior
p
acoustic circumferential modal number
q
acoustic diametral modal number
𝜆
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ABSTRACT
Hydrochlorofluoroolefins (HCFOs) are promising candidates for next-generation refrigerants.
Accordingly, more accurate equations of state are desired for this kind of refrigerants. On the other
hand, highly accurate speed of sound measurement has been enabled by the advancement of
technology, and therefore the speed of sound data of the refrigerant has become one of important
thermodynamic properties to improve equations of state. In this study, we aim to measure the speed
of sound of HCFOs in liquid-phase. The measurement apparatus is mainly composed of a sound
velocity sensor and a standard resistance temperature detector and two pressure transducers. The
measurements were conducted in the range of temperature from 300 to 400 K at pressures up to 10
MPa. At first, we measured the liquid-phase speed of sound of difluoromethane to evaluate the
accuracy of the apparatus. The consistency was evaluated between speed of sound data obtained
in this work and calculated values form available equations of state.
Keywords: Speed of sound, Liquid-phase, Low-GWP, Measurement.

1. INTRODUCTION
Global warming has become one of the most important global problems. In the "Paris Agreement"
of 2015, the average temperature rise of the world compared to the pre-industrial should be
suppressed to less than 2 °C was suggested. Moreover, "Special report on global warming of 1.5 °C
(SR1.5)" reported that the situation deteriorated significantly even at a rise of 1.5 °C. Therefore,
further refurbishment of refrigerant is required.
Hydrochlorofluoroolefins (HCFOs) are promising candidates for next-generation refrigerants(Bobbo
et al., 2018; Molés et al., 2016), which are characterized by low global warming potential, low ozone
depleting potential, and non-flammability. Accordingly, more accurate equations of state are desired
for this kind of refrigerants. On the other hand, highly accurate speed of sound measurement has
been enabled by the advancement of technology, and therefore the speed of sound data of the
refrigerant has become one of important thermodynamic properties to improve equations of state.
In this study, we aim to measure the speed of sound of HCFOs in liquid-phase. At first, we measured
the liquid-phase speed of sound of difluoromethane (HFC-32) to evaluate the accuracy of the
apparatus. The consistency was evaluated between speed of sound data obtained in this work and
calculated values form available equations of state.

2. EXPERIMENT
2.1.

Experimental Apparatus

A schematic diagram of the experimental apparatus is shown in Fig. 1. The apparatus consists of a
sensing unit of the sound velocity sensor (1), sight-glass (2), a thermostatic water bath (3), two
pressure transducers (4), a standard platinum resistance thermometer (5), a leak valve (6), a
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connection valve (7), a plunger pump (8), a vacuum pump (9), a control unit (10), a data logger (11),
an evaluation unit of the sound velocity sensor (12).
The main loop of the experimental apparatus is built from copper tube. The sensing unit of the sound
velocity sensor (L-SONIC6100, Anton Paar GmbH) is mounted at the lowest place of the main loop,
and the sight-glass is set about 30 mm higher than the sensing unit of the sound velocity sensor.
The sensing unit of the sound velocity sensor and the sight-glass were immersed in the thermostatic
water bath (CD20, Lauda), which can control the water temperature at a specified temperature within
±0.02 K. The pressure transducers (PAB-A-2MP and PGR-100KA, Kyowa Electronic Instruments
Co., Ltd.) were placed about 300 mm higher than the sensing unit of the sound velocity sensor.
The amount of sample refrigerant charged to the main loop was controlled so that the vapor-liquid
interface of the sample appeared inside the sight-glass. Therefore, the temperature at the vaporliquid interface can be controlled close to the water temperature of the thermostatic bath. The
saturation pressure corresponding to the water temperature can be obtained.

Figure 1: Schematic diagram of experimental apparatus

In the case of the measurement of compressed liquid, the connection valve was opened, and the
temperature of the thermostatic water bath (3) was controlled. The amount of sample refrigerant
charged to the main loop was supplied by the plunger pump (8). The compressed liquid pressure in
the sound velocity sensor was measured by the pressure transducers.
The platinum resistance thermometer equipped in the sound velocity sensor was calibrated with the
standard platinum resistance thermometer (NRHS1, CHINO Corporation) in a precision within ±0.03
K.
2.2.

Experimental Conditions

To verify the accuracy of the sound velocity sensor, the speed of sound measurement of HFC-32 at
a temperature range from 15 to 25 °C was performed. The measurement results were compared
with those calculated from REFPROP Version 10.0 (Astina and Sato, 2003; Lemmon et al., 2018;
Tillner-Roth and Yokozeki, 1997). The manual of the sound velocity sensor mentions that the
accuracy of the speed of sound should be within 0.1 m/s in the velocity range from 200 to 1000 m/s.
The extended uncertainties (k = 2) of the speed of sound measured in the previous experiment were
estimated to be ±0.062 K for temperature, ±1.1 kPa for pressure and ±0.82 m/s for speed of
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sound(Gao et al., 2015). However, configuration of the apparatus was changed and measuring
devices were updated, re-evaluation of the accuracy was needed.

3. RESULTS AND DISSCUSION
3.1.

Results of HFC-32

Fig. 2 shows the speed of sound data of near saturated liquid of HFC-32 and comparison of the
measurement results with those calculated from REFPROP. The solid lines show the speed of sound
data calculated from REFPROP at specified temperature and pressure conditions. The speed of
sound of HFC-32 tends to increase with pressure at each temperature. Although the measured value
is slightly small, it agrees well with the value calculated from REFPROP.

Figure 2. Measurement results of near saturated liquid of HFC-32 and calculation results of
REFPROP at each temperature (solid lines)

Fig. 3 shows the deviations between measurement results at the temperature 20 °C for compressed
liquid at a pressure range up to 9.04 MPa of HFC-32 and calculation results of REFPROP. The
dashed lines show the uncertainty of REFPROP in speed of sound for the liquid phase. All
measurement results are within the range of REFPROP uncertainty. Therefore, the measurement
results are consistent with those of REFPROP.

Figure 3. Deviations between speed of sound data and values calculated from REFPROP at the
temperature of 20 °C
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4. CONCLUSIONS
The speeds of sound of HFC-32 were measured at a temperature range from 15 to 25 °C. The
measurement data were compared with the values calculated from REFPROP.
1. The measurement results of near saturated liquid of HFC-32 at a temperature range from 15 to
25 °C are slightly lower than those calculated from REFPROP.
2. The measurement results of compressed liquid of HFC-32 at a pressure range up to 9.04 MPa
are slightly lower than those calculated from REFPROP. The speed of sound increases slightly with
increasing the pressure at a specified temperature.
3. REFPROP states that speed of sound in HFC-32 liquid phase has an uncertainty of 0.7%.
Therefore, the measurement results are consistent with those of REFPROP. The accuracy of
updated apparatus is confirmed.
4. Measurement results of HCFO will be reported on the day of the conference.

ACKNOWLEDGEMENTS
We gratefully thank Mr. Takahumi ENDO, Mr. Taito MATANO and other students of Faculty of
engineering, Fukuoka University, who conducted the measurement and gave many contributions in
this research. We also thank Dr. Hiroyuki ASOU (assistant professor of Faculty of Engineering,
Fukuoka University, Japan) for his valuable discussions and support.

REFERENCES
Astina, I.M., Sato, H., 2003. A Rational Helmholtz Fundamental Equation of State for
Difluoromethane with an Intermolecular Potential Background. Int. J. Thermophys. 24, 963–
990. https://doi.org/10.1023/A:1025096716493
Bobbo, S., Nicola, G. Di, Zilio, C., Brown, J.S., Fedele, L., 2018. Low GWP halocarbon
refrigerants: A review of thermophysical properties. Int. J. Refrig. 90, 181–201.
https://doi.org/10.1016/j.ijrefrig.2018.03.027
Gao, L., Asou, H., Honda, T., 2015. Speed of Sound Measurements of HFO-1234ze (E) in the
Liquid Phase 0–5. https://doi.org/10.18462/iir.icr.2015.0627
Lemmon, E.W., Bell, I.H., Huber, M.L., McLinden, M.O., 2018. NIST Standard Reference Database
23: Reference Fluid Thermodynamic and Transport Properties-REFPROP, Version 10.0,
National Institute of Standards and Technology.
Molés, F., Navarro-Esbrí, J., Peris, B., Mota-Babiloni, A., 2016. Experimental evaluation of HCFO1233zd-E as HFC-245fa replacement in an Organic Rankine Cycle system for low
temperature heat sources. Appl. Therm. Eng. 98, 954–961.
https://doi.org/10.1016/j.applthermaleng.2016.01.011
Tillner-Roth, R., Yokozeki, A., 1997. An international standard equation of state for
difluoromethane (R-32) for temperatures from the triple point at 136.34 K to 435 K and
pressures up to 70 MPa. J. Phys. Chem. Ref. Data 26, 1273–1328.
https://doi.org/10.1063/1.556002

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

824

Manuscript ID: 468
DOI: 10.18462/iir.icr.2019.0468

Pressure drop and void fraction of vertical and horizontal
adiabatic two-phase flow in a plate heat exchanger single
channel with uniform gas-liquid distribution
Susanne BUSCHER(a)
(a)

Technische Universität Berlin
Berlin, 10587, Germany, susanne.buscher@tu-berlin.de

ABSTRACT
The pressure drop of air-water two-phase flow is studied in a cross-corrugated channel for varying
flow directions. Two-phase frictional pressure drop can only be measured for horizontal flow,
neglecting acceleration pressure drop. In vertical flow, a void-fraction model is necessary to
calculate the pressure drop from a measured pressure difference.
A plate heat exchanger single channel is pivot-mounted to allow horizontal, vertical upward and
downward flow. Uniform gas-liquid distribution is obtained injecting both air and water separately
into the channel through a number of nozzles.
The experimental dissipation rates of vertical and horizontal two-phase flow are compared to
single-phase flow. Thus, homogeneous flow is distinguished from the occurrence of slip caused by
buoyancy or annular flow. The validity of the homogenous model is empirically confirmed for
volumetric gas flow ratios up to 0.7 and centrifugal Froude numbers above 2 - if a uniform twophase distribution is achieved. A correlation of the single-phase friction factor is given and found to
also be valid for homogeneous flow.
Keywords: Air-Water, Corrugated Surface, Horizontal Plate, Plate Exchanger, Pressure Drop, TwoPhase Flow, Vertical Flow.

1. INTRODUCTION
Plate heat exchangers are widely used because of their compactness, which comes with the price
of a high pressure drop. They are in use, inter alia, as evaporators and condensers in highpressure refrigeration plants. The prediction of two-phase frictional pressure drop, however, is
crucial not only to specify the plant, but also to know the evaporation temperature of the refrigerant.
To investigate the frictional pressure drop without interference of heat transfer and phase
equilibria, adiabatic air-water flow is studied in a cross-corrugated a plate heat exchanger single
channel. In contrast to ordinary plate heat exchangers, a uniform two-phase distribution is
achieved by separately injecting gas and liquid directly into the channel. To study the influence of
buoyancy, measurements of horizontal, vertical upward and downward flow are compared.
Adiabatic two-phase pressure drop in plate heat exchanges has been studied by several authors.
Some employed a void fraction correlation for tubes (Kreissig and Müller-Steinhagen, 1992) or
correlated the void fraction from measurements (Asano et al., 2004). Other studies assume
homogeneous flow to calculate the vertical two-phase pressure drop (Tribbe and MüllerSteinhagen, 2001; Grabenstein et al., 2017; Nilpueng and Wongwises, 2010). Also, correlations of
the Lockart-Martinelli two-phase multiplier are given with accuracies of 20-30% (Grabenstein et al.,
2017; Nilpueng and Wongwises, 2010; Asano et al., 2004). However, all of the named studies
investigated vertically oriented plate heat exchangers, but not horizontal flow. The assumptions
about the void fraction in vertical flow influenced the experimental results of frictional pressure drop
and the derived correlations. They were not verified by horizontal pressure drop measurements.
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2. LAYOUT OF THE EXPERIMENT
A cross-corrugated single channel is pivot-mounted to facilitate experiments in both vertical and
horizontal flow direction. The channel consists of two transparent plates made from polycarbonate
in which a sinusoidal corrugation profile has been micro-milled. Compressed air of 4 bar(g) in
pressure chambers on both sides of the channel prevents deformation and ensures that the wave
crests of both plates are in contact. The assembled single channel is shown in Fig. 1. The
geometric specifications are given in table 1. The hydraulic diameter and the cross-section are
calculated according to Martin (2010).

Figure 1: Single Channel and differential pressure measurement
Table 1. Geometric properties of the single channel

Corrugation angle (as to flow direction)

Channel length L

326.1 mm

Corrugation depth a

1.2 mm Channel width B

278.2 mm

Peak-to-peak amplitude 2a

2.4 mm Hydraulic diameter Dh

4.17 mm

Wave number (wave length/ period)

75°

9 mm

Cross-section of the channel A

2a B

Maldistribution of two-phase flow is likely to occur in most inlet geometries and influences the flow
pattern. The responsible phenomena, such as coalescence, slugging, buoyancy, are difficult to
eliminate. In order to achieve uniform gas-liquid distribution across the channel width, both phases
are injected separately into the channel via 8 nozzles for each phase. The diameter of the liquid
nozzles is 3.5 mm, and that of the gas nozzles 0.3 mm, see also Buscher (2019).
Deionized water represents the liquid phase and is re-circulated by a centrifugal pump. Its
volumetric flow rate is measured by a nutating disk flowmeter (accuracy 1.5% of reading). Filtered
pressurized air represents the gas phase. It is separated from the liquid in the storage tank. The
standard volumetric flow rate is measured and controlled by a thermal mass flow meter (accuracy
0.5% of reading plus 0.1% of the upper range set to 0.5 ln/min, 40 ln/min or 160 ln/min).
Orthogonally to the flow direction, pressure taps are inserted to measure gauge pressure and
differential pressure (accuracy 0.1% of upper range set to 150 mbar). The pressure taps are bore
holes (Ø 0.3 mm) located in wave troughs at the side of the single channel as shown in Fig. 2.
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Figure 2: Cross-section of a pressure tap at the side of the single channel

Air bubbles in the flexible tubes connecting the channel and the differential pressure manometer
can distort the measurements. After every measurement, therefore, the transparent tubes and
connections are inspected, and the air bleed valves of the manometer are opened to check for air
bubbles. If bubbles were found they were removed and the measurement was repeated.
The total pressure difference is small compared to the absolute pressure (maximum 13.4% and
mean 5.6% with respect to the absolute pressure in the middle of the channel). Therefore, both
frictional pressure drop and gas expansion along the main flow direction are presumed to progress
linearly. The gauge pressure is measured via a precision manometer (accuracy class 0.25, upper
range 1.6 bar) at half of the channel length and is assumed to be the mean gauge pressure. The
absolute volumetric flow rate is calculated at the middle of the channel from the downstream
temperature and the mean absolute channel pressure, which is derived by adding the ambient
pressure to the measured gauge pressure.

3. CALCULATIONS
3.1.

Two-Phase Pressure Drop

The total pressure difference in two-phase flow is the sum of frictional pressure drop, hydrostatic
pressure difference and pressure drop due to acceleration (see e. g. Thome, 2016):

Dptot = Dp fric + sin q r m g Dz + Dpacc

Eq. (1)

r m = r gas a hom + rliq (1 - a hom )

Eq. (2)

a hom = V!gas / (V!gas + V!liq )

Eq. (3)

The mean density ρm as given in Eq. (2) assumes homogeneous flow, i. e. that gas and liquid
phase move at the same speed without slip. Accordingly, the homogeneous void fraction αhom is
given in Eq. (3) where it is calculated from the ratio of gas volumetric flow rate to overall two-phase
volumetric flow rate (see e. g. Thome, 2016). The acceleration pressure drop in Eq. (1) is less than
1% of the total pressure drop and, therefore, is neglected.
For single-phase liquid flow, the differential pressure manometer in Fig. 1 does not measure the
hydrostatic pressure difference, but only the frictional (and acceleration) pressure drop, assuming
the liquid densities to be the same in the channel and the tubes connecting it to the manometer.
For two-phase flow, however, the mean densities and, thus, the hydrostatic pressures, differ in the
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channel and the tubes. Applying Bernoulli’s equation to the experimental setup in Fig. 1 yields the
frictional pressure drop from differential pressure measurement by subtracting the difference of the
hydrostatic pressures in tubes and channel over the distance between the pressure tabs Δz:

Dp fric = Dpdiff + sin q a hom ( rliq - r gas ) g Dz

Eq. (4)

Eq. (4) is valid for all three flow directions by introducing the orientation angle θ which is defined
according to Fig. 1. In the case of horizontal flow, the orientation angle is 0° and, hence, the
difference between the hydrostatic pressures in tubes and single channel would be eliminated from
Eq. (4). In horizontal two-phase flow, therefore, the frictional pressure drop can be measured
directly, without knowledge of the void fraction, and equals the value of the differential pressure –
neglecting pressure drop due to acceleration. In the case of single-phase liquid flow, the void
fraction is zero and, again, the frictional pressure drop is the same as the measured differential
pressure. For two-phase vertical upward and downward flow, however, an assumption about void
fraction is necessary to derive the frictional pressure drop from the measured differential pressure.
3.2.

Friction Factor and Dissipation Rate

The two-phase Darcy friction factor λ2ph is calculated according to Eq. (5) using the experimental
two-phase pressure drop given Eq. (4). The definition is similar to single-phase flow (see e. g.
Martin, 2010) but applies the mean density ρm from Eq. (2) and the mixture velocity c2ph which
equals the individual velocity of each phase in the homogeneous model. In Eq. (6), the
homogeneous mixture velocity c2ph is given as the sum of the superficial velocities cS,liq and cS,gas
as deduced from the volumetric flux (see e. g. Thome, 2016). The channel length L, the hydraulic
diameter Dh and the cross-section A of the channel are given in Table 1.

l2 ph = 2Dp fric Dh ( r m c2 ph 2 L)-1

Eq. (5)

c2 ph = (V!gas + V!liq ) A-1 = cS ,liq + cS , gas

Eq. (6)

The Reynolds number of the liquid phase in homogeneous two-phase flow is defined in Eq. (7),
where νliq is the liquid kinematic viscosity and c2ph is the velocity of the liquid in two-phase flow, i. e.
the homogeneous mixture velocity since gas and liquid are assumed to move at the same speed.

Re 2 ph,liq = c2 ph Dh n liq

-1

Eq. (7)

The two-phase dissipation rate ε2ph is defined in Eq. (8) as the rate of the dissipated energy per
fluid mass in the channel. The rate of the dissipated energy is the product of frictional pressure
drop and two-phase volumetric flow rate. The channel volume Vch is length L by cross-section A.

e 2 ph = Dp fric (V!liq + V!gas ) ( r m Vch )-1

Eq. (8)

Induced by the channel corrugations, the centrifugal force has a great impact and often dominates
over buoyancy, as described in Buscher (2019). In order to quantify the relation of the centrifugal
force to buoyancy, the centrifugal Froude number is defined in Eq. (9). The corrugation depth a, as
given in Table 1, is inserted for the characteristic radius R.
2

Frc = c2 ph ( R g ) -1

Eq. (9)

The equations Eq. (1) to (9) are also valid for single-phase liquid flow in which void fraction is zero.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

828

3.3.

Uncertainty Analysis

Due to error propagation, the extended uncertainties of the friction factor and the centrifugal
Froude number are at most 12% which is relatively high compared to the other parameters. In
contrast, the dissipation rate has a maximum uncertainty of 7%, the homogeneous mixture velocity
a maximum of 3% and the liquid Reynolds number in two-phase flow at most 5%. The
uncertainties are calculated for each measurement separately and are usually smaller.

4. RESULTS AND DISCUSSION
4.1.

Identifying Homogeneous and Heterogeneous Flow

In Fig. 3, the empirical values almost resemble a straight line in the log-log scale: The dissipation
rate according to Eq. (8) is plotted against the homogeneous mixture velocity given in Eq. (6). The
values for single-phase liquid flow are indicated as yellow crosses. The yellow line is the predicted
dissipation rate of single-phase flow calculated from Eq. (8), Eq. (5) and Eq. (11) below.
The two-phase dissipation rates are displayed in different colors for each flow direction. Different
symbols were chosen according to the homogeneous void fraction corresponding to each
measurement: If αhom < 0.7, a cross is used, and for αhom > 0.7 an empty circle is displayed. The
centrifugal Froude number given in Eq. (9) is drawn as grey dots underlying the symbols. However,
only Froude numbers up to 2 are displayed grey whereas higher values are not displayed.

Figure 3: Dissipation rate over homogeneous mixture velocity

The majority of the crosses (αhom < 0.7) of all colors (flow directions) are located on the curve of the
single-phase liquid dissipation rate. All crosses which are further away from the single-phase curve
are plotted on grey dots because their centrifugal Froude numbers are less than 2. In those cases
(i. e. Frc < 2) buoyancy exerts a force which is at least half the value of the centrifugal force due to
low mixture velocity. For low Froude numbers, therefore, the buoyancy and, thus, flow direction
greatly influences void fraction, pressure drop and dissipation rate. Since slip occurs, the
homogeneous model is mostly not valid for Frc < 2. According to Buscher (2019), the flow patterns
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of the three flow directions also differ for Frc < 2 due to buoyancy, whereas the channel orientation
has no impact if the centrifugal force clearly dominates (Frc > 10).
The crosses without grey dots, falling on the same curve for all flow directions (i. e. αhom < 0.7 and
Frc > 2), are identified as homogeneous flow: Since there is no slip, the void fractions and
dissipation rates are independent of the flow direction. Buscher (2019) identified the corresponding
flow patterns as disperse flow, i. e. mostly bubbly flow. Bigger gas units (“Taylor-like bubbles”)
were also observed, but were still narrow enough to be subject to the centrifugal forces. In the
literature, the homogeneous model is assumed for disperse flow in tubes (e. g. Thome, 2016) and
cross-corrugated channels (Grabenstein et al., 2017). Based on the empirical data of this study,
the homogeneous model is shown to be actually correct for αhom < 0.7 and Frc > 2, presupposing a
uniform gas-liquid distribution. However, bubbly flow at centrifugal Froude numbers lower than 2 is
supposed to be strongly influenced by buoyancy and, therefore, not assumed to be homogeneous.
Furthermore, the crosses without the grey dots (i. e. αhom < 0.7 and Frc > 2) fall on the yellow curve
of the single-phase flow. This also confirms the validity of the homogeneous model, i. e. that the
homogeneous densities and mixture velocities are correct: The mass-specific dissipation rate is
expected to be similar for single-phase and homogeneous two-phase flow because it is mostly
induced by the contact points of the wave crests where the mass flow is redirected many times.
Since the two-phase parameters are very sensitive to void fraction, the calculated two-phase
dissipation rate clearly shows even small deviations from the homogeneous model. In the
presented data, the mass flow is always dominated by the liquid phase due to the great liquid
density: Although the homogeneous void fraction is varied up to 98%, the mass fraction of the gas
is always less than 10% of the overall mass flow. Also, the corrugated surface is always wetted.
In Fig. 3, however, the empty circles (αhom > 0.7) do not fall either on one curve for different flow
directions (colors) or on the yellow single-phase curve. Hence, the homogeneous model is not
accurate for void fractions above 0.7. This is not attributed to buoyancy since the centrifugal
Froude number is always above 2 in these cases. Instead, the flow patterns which occur for
αhom > 0.7 are used as explanation: According to Buscher (2019), the gas phase agglomerates to
large units constituting regions of local film flow. In contrast to disperse flow, the gas is not obliged
to follow the helical flow path and is able to accelerate resulting in slip (Buscher, 2019). Therefore,
the mean density increases whereas the velocity of the liquid and the energy dissipation
decreases. However, slip only explains the deviations of the empty circles from the single-phase
curve, but not the influence of flow direction if buoyancy is to be neglected.
As highlighted by the enlarged section in Fig. 3, the dissipation rates for αhom > 0.7 clearly differ
with respect to flow direction, i. e. the empty circles of different colors do not fall on one curve. This
finding is attributed to the role of the hydrostatic pressure in Eq. (1): The total pressure difference
of upward flow is larger compared to downward flow, because the hydrostatic pressure difference
is added in the first case and subtracted in the latter, whereas it has no impact on horizontal flow.
The higher total pressure drop of upward flow causes the gas to expand more and, probably, to
accelerate more resulting in a higher friction at the interface compared to down-flow. Therefore, the
friction at the interface friction should not be neglected for αhom > 0.7, in contrast to homogeneous
flow (αhom < 0.7) which has no slip.
In Fig. 4, however, the dissipation rates with αhom > 0.7, represented by the empty circles, do neatly
fall on one curve, as highlighted by the enlarged section. This is obtained by modifying the frictional
pressure drop first given in Eq. (4): Introducing the factor 0.5 to the hydrostatic pressure difference
of pure water to two-phase flow yields the modified frictional pressure drop as defined in Eq. (10).

Dp fric ,0.5 = Dpdiff + 0.5 × sin q a hom ( rliq - r gas ) g Dz

Eq. (10)

Measurement devices, evaluation methods and so forth have been ruled out, of course, to be
responsible for this strikingly regular effect. However, only the values denoted by the empty circles
(i. e. αhom > 0.7 and Frc > 2) fall together on one curve, whereas the crosses (αhom < 0.7) are not
affected much or even drawn apart from each other a bit. In both Fig. 3 and 4, the error bars are
smaller than the symbols and, therefore, are not visible.
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Figure 4: Dissipation rate over homogeneous mixture velocity – modified hydrostatic pressure

4.2.

Correlations for Homogeneous and Heterogeneous Friction Factors

In Fig. 5, the two-phase friction factor is plotted over the two-phase Reynolds number of the liquid
phase given in Eq. (5) and (7), respectively. As in Fig. 3, the crosses denoting homogeneous flow
(αhom < 0.7 and Frc > 2) tend to fall on the yellow curve of the single-phase liquid flow. The friction
factors with Froude numbers less than 2 or void fractions above 0.7 differ from that curve. Since
the friction factor is more sensitive to measurement errors, the effect is not as clear as in Fig. 3, but
still visible.

Figure 5: Friction factor over two-phase Reynolds number for the liquid phase
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For single-phase measurements, Focke and Knibbe (1986) report turbulent flow for Re>160 in a
cross-corrugated channel with a corrugation angle of 80°. Therefore, all measurements presented
here are assumed to be turbulent because the Reynolds numbers are well above 200.
The friction factor given in Eq. (11) is fitted to the single-phase measurements and, also, assumed
to be valid for the homogeneous flow.

lhom = 19.9 Re 2 ph,liq -0.225

Eq. (11)

In Fig. 5, the friction factors of homogeneous two-phase flow, displayed as crosses without grey
dots (αhom < 0.7 and Frc > 2), follow the curve given in Eq. (11), mostly deviating less than 20%.
In Eq. (12), a “heterogeneous” friction factor, valid for αhom > 0.7, is fitted to horizontal flow which is
denoted by the black empty circles. The experimental values with αhom > 0.7 are also calculated by
the equations given in section 3, although flow is not assumed to be homogeneous. The vertical
upward and downward values for αhom > 0.7 are within the range of +30% and -20% of Eq. (12) and
within -50% below the homogeneous friction factor of Eq. (11).

lhet = 266 Re 2 ph,liq -0.56
4.3.

Eq. (12)

Practical Implications

The single-phase friction factor is a means to estimate two-phase pressure drop in a plate heat
exchanger – if the liquid is dominant in the total two-phase mass flow, if the Reynolds number is
calculated according to Eq. (7), and if the Froude number is above 2. In the case of homogeneous
flow, which is valid for bubbly flow and Frc > 2, this estimation is quite accurate.
In order to test the validity of the homogeneous model in a plate heat exchanger, or to evaluate the
gas-liquid distribution, plotting the experimentally derived dissipation rates of liquid flow and twophase flow over the homogeneous mixture velocity is recommended. Prerequisites are adiabatic
two-phase flow, dominance of the liquid mass flow and a high corrugation angle of the plates, i. e.
above 60° (Focke and Knibbe, 1986). The homogeneous model is confirmed if the two-phase and
single-phase dissipation rates are similar. Furthermore, in the case of absolutely uniform gas-liquid
distribution, the two-phase dissipation rate falls on the curve of the single-phase flow for void
fractions up to 0.7 and Froude numbers not much above 2. On the other hand, a non-uniform gasliquid distribution is evident if the two-phase dissipation rate is clearly lower than the single-phase
curve for αhom << 0.7. This is attributed to early onset of slip due to maldistribution of the gas
phase, as is observed in other experiments (yet to be published) in non-uniform gas injection.

5. CONCLUSIONS
The two-phase pressure drop of a cross-corrugated single channel with uniform gas-liquid
distribution was investigated for different flow directions. Homogeneous and heterogeneous flow
was distinguished by comparing the dissipation rates of two-phase and single-phase flow.
Homogeneous flow was found to occur at void fractions below 0.7 and centrifugal Froude numbers
above 2. A correlation of the single-phase friction factor was given, being also valid for
homogeneous flow, and serving as a rough approximation for pressure drop in heterogeneous
flow. Comparing single- and two-phase dissipation rates was proposed as a means of investigating
the validity of the homogeneous model or the gas-liquid distribution in a plate heat exchanger.
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ABSTRACT
For the optimization of refrigeration components the thermophysical properties of the lubricant
refrigerant mixtures are needed. Most often semi-empirical equations of state are used which are
often developed under strict boundary conditions as more generic equations of state for lubricant
refrigerant mixtures are not available.
This paper shows an approach to develop a fundamental equation of state based on the reduced
Helmholtz energy to describe the thermodynamic properties of lubricant refrigerant mixtures.
In a new approach, the viscosity and the interfacial tension of the mixtures of lubricant and
refrigerant are used for the optimization of the structure and the coefficients of the equations of
state. For this purpose the residual entropy viscosity scaling and empirical equations for the
interfacial tension are used. Based on this equation also properties like heat capacities of the
mixture and the theoretical solubility of the lubricant diluted in the gas phase, which are difficult to
measure, can be determined.
Keywords: Lubricant refrigerant mixture, equation of state, entropy scaling, interfacial tension

1. INTRODUCTION
The optimization of refrigeration machines can be achieved by improving the used refrigerant, the
refrigeration machine components, the control and feedback control systems and combinations of
the mentioned possibilities. Often the used lubricant which circulates in the overall cycle is
overlooked. Increasing environmental requirements leads to a reduced number of available
refrigerants which means that also other ways for the cycle optimization are needed. One option is
to improve the oil management inside the refrigeration cycle. The reduction of friction losses,
reduced heat transition by oil deposition in the condenser or evaporator as well as oil deposition in
accumulators can improve the overall efficiency of the system. For the optimization process
however thermophysical properties of the used lubricant and the refrigerant-oil-solution (ROS) are
needed. These data are often not available and several properties for this purpose are also very
difficult to measure.
The state of the art shows that the thermodynamic properties of refrigerants and refrigerant mixture
can be be calculated very accurately by optimized empirical equations of state (EOS). For this
purpose different property measurements of the vapor-liquid-equilibria for each pure fluid and the
mixture for different concentrations, heat capacity data, speed of sound data and many more are
used. VLE (Vaporl-liquid-equilibria) data are important to create an EOS but are often not available
for lubricants since the vapor pressure is very low at moderate temperatures. Additionally the
properties at the critical state are often used to produce reduced parameters for the EOS. These
properties are also difficult to measure for lubricants and only a few approaches are known like
(Skripov et al., 2003) and (Skripov et al., 2007). For the ROS also the critical loci must be
calculated which is also difficult to measure. A different concept was shown by (Zhelezny et al.,
2003) and (Medvedev et al., 2004) with the backwards calculation of the pseudocritical
temperature and density of an ROS based on the VLE data of the ROS itself. This approach is one
of the basic ideas for the following algorithm.
Transport properties like the thermal conductivity and viscosity as well as interfacial properties like
the boundary tension of pure fluids, the interfacial tension of mixtures and the diffusion coefficient
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are calculated by separated equations since these can not be calculated by the derivatives of the
EOS. The equations to calculate the properties are nearly always empirical and are fitted to
measurement data and the EOS which must be available. Since this is often not the case the
empirical equations are mainly based on temperature and pressure. Other discussed approaches
like from (Zhelezny et al., 2009) can reduce this problem however they are only useable in a
specific range of composition. Approaches based on the residual entropy scaling like from (Novak
2011), (Lötgering-Lin et al., 2015) or (Bell et al., 2016) have the advantage that they correlate the
residual entropy directly to the dynamic viscosity. This also means that there is a direct connection
of the entropy - which is calculated by derivatives of the EOS - to a transport property. This
connection can be used to have a backwards effect in the fitting procedure and so an optimization
effect based on transport properties. This is especially interesting since the viscosity data base is
mostly better for ROS than the data base of other thermophysical properties.
In this paper a way of fitting an equation of state of an ROS with a further optimization based on
transport and interfacial properties is shown. This approach can also be used for other fluid
mixtures which are difficult to measure, to produce in high purity or which are unstable in pure
form.

2. EMERPICAL EQUATIONS AND FITTING PROCEDURE
2.1.

Form of the Equation of State for Lubricants and ROS

The form of the EOS of the lubricant is assumed to be similar to the results of (Alexandrov et al.,
2013) which correspond to Eq. (1) to Eq. (3).
𝛼(𝛿, 𝜏) = 𝛼 𝑜 (𝛿, 𝜏) + 𝛼 𝑟 (𝛿, 𝜏)

Eq. (1)

𝛼 𝑜 (𝛿, 𝜏) = 𝑙𝑛 𝛿 + 𝑎1 ∙ 𝑙𝑛 𝜏 + 𝑎2 𝜏 𝑡2 + ∑ 𝑎𝑖 𝑙𝑛[1 − 𝑒𝑥𝑝(−𝑏𝑖 𝜏)]

Eq. (2)

𝛼 𝑟 = ∑ 𝑛𝑖 ∙ 𝛿 𝑑𝑖 ∙ 𝜏 𝑡𝑖 + ∑ 𝑛𝑖 ∙ 𝛿 𝑑𝑖 ∙ 𝜏 𝑡𝑖 ∙ 𝑒𝑥𝑝(−𝛿𝑙𝑖 )

Eq. (3)

𝑖

𝑖

𝑖

 is the reduced Helmholtz energy, 𝛿 is the reduced density and 𝜏 the inverse reduced
temperature. The lubricant can be assumed to be a pseudo pure fluid, since the overall
concentration and different hydrocarbons are often unknown. The number of the coefficients in Eq.
(2) and (3) can be variable or fixed. Since the fitting procedure with variable numbers of
coefficients is much more complex and need highly stable solvers and optimization algorithms as
discussed in (Span, 2000) a fixed number of variables for the first fitting procedures was used for
the description in the present paper. Eq. (1) has to be extended to be used with mixtures as shown
in Eq. (4).
𝑟 (𝛿[𝑥], [ ])
𝛼(𝛿, 𝜏, 𝜉) = 𝛼 𝑜 (𝛿[𝑥], 𝜏[𝑥 ], 𝑥) + 𝛼 𝑟 (𝛿[𝑥], 𝜏[𝑥 ], 𝑥) + 𝛼𝑖𝑗
𝜏𝑥

Eq. (4)

The concentration vector x contains the information about the components and their concentration
in the mixture. Details on the calculation of the thermodynamic properties and further equations for
the EOS are shown in (Kunz et al., 2007) and (Gernert, 2013). In this paper Eq. (5) was used for
the calculation of the interaction Helmholtz energy αrij .
𝑁𝑝𝑜𝑙
𝑟 (𝛿[𝑥], [ ])
𝛼𝑖𝑗
𝜏 𝑥 = ∑ 𝑛𝑖𝑗,𝑘 ∙ 𝛿 𝑑𝑖𝑗,𝑘 ∙ 𝜏 𝑡𝑖𝑗,𝑘 +
𝑘=1
𝑁𝑝𝑜𝑙 +𝑁𝑒𝑥𝑝 +𝑁𝑐𝑟𝑖𝑡

+

𝑁𝑝𝑜𝑙 +𝑁𝑒𝑥𝑝

∑

𝑛𝑖𝑗,𝑘 ∙ 𝛿 𝑑𝑖𝑗,𝑘 ∙ 𝜏 𝑡𝑖𝑗,𝑘 ∙ 𝑒𝑥𝑝(−𝛿 𝑙𝑖𝑗,𝑘 )

𝑘=𝑁𝑝𝑜𝑙 +1

Eq. (5)
2

𝑛𝑖𝑗,𝑘 ∙ 𝛿 𝑑𝑖𝑗,𝑘 ∙ 𝜏 𝑡𝑖𝑗,𝑘 ∙ 𝑒𝑥𝑝 (−𝜋𝑖𝑗,𝑘 ∙ (𝛿 − 𝜀𝑖𝑗,𝑘 ) − 𝛽𝑖𝑗,𝑘 (𝛿 − 𝛾𝑖𝑗,𝑘 ))

∑
𝑘=𝑁𝑝𝑜𝑙 +𝑁𝑒𝑥𝑝 +1
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2.2.

Calculation of the viscosity based on the residual entropy scaling

The calculation of the dynamic viscosity is based on the entropy scaling shown by (Bell et al.,
2016). It has been shown that a lot of fluids can be calculated by a corresponding approach. It can
be assumed that the viscosity behaviour of the lubricant can only be poorly well described by
refrigerants as reference fluids. In this paper the fitting of the correlation was carried out directly for
the lubricant in the fitting procedure. The reduced dynamic viscosity 𝜂𝑟 is aa function of the
reduced residual entropy 𝜒 as shown in Eq. (6), see (Bell et al., 2016).
𝜂𝑟 =

𝜂
= 𝑓(𝜒)
𝜂0

with

𝜒=

𝑠𝑟
𝑠𝑐𝑟

Eq. (6)

Where 𝜂 is the dynamic viscosity, 𝜂0 the ideal gas viscosity, s r the residual entropy and scr the
residual entropy at the critical point which can be calculated from the EOS. The approach of Bell
(Bell et al., 2016) does not show results for fluid mixtures so that modifications are needed. The
ideal gas viscosity of the fluid mixture can be calculated by the equation of (Wilke, 1950) knowing
the ideal gas viscosity of each component calculated by the equation of (Chapman et al., 1970).
The generalized reduced viscosity 𝜂𝑟 for the saturated liquid phase for each component can be
calculated by Eq. (7) and for the mixture by Eq. (8).
𝑙𝑜𝑔10 [𝜂𝑟,𝑖 (𝜒)] = ∑
𝑙𝑜𝑔10 [𝜂𝑟 (𝜒, 𝑥)] = ∑
∑

𝑁−1
𝑖=1

𝑁

𝑁

3

𝑐𝑖 ∙ 𝜒 𝑖

Eq. (7)

𝑖=0

𝑥𝑖 ∙ 𝑙𝑜𝑔10 (𝜂𝑟,𝑖 ) +

𝑖=1

1

∑𝑗=1 𝑥𝑖 ∙ 𝑥𝑗 ∙ (𝐴𝑖𝑗 + 𝐵𝑖𝑗 ∙ 𝜒) ∙ [𝑙𝑜𝑔10 (𝜂𝑟,𝑖 ) ∙ 𝑙𝑜𝑔10 (𝜂𝑟,𝑗 )]2

Eq. (8)

𝑗≠𝑖

Where Aij and Bij are the dimensionless interaction parameter and N the number of fluids in the
mixture.
2.3.

Calculation of the interfacial tension between liquid and vapor phase of ROS

The calculation of the boundary and interfacial tension of the ROS was shown by (Zhelezny et al.,
2014). The basic idea is to produce a link between the vapor pressure of the ROS and the
boundary tension as shown in Eq. (9).
𝜑(𝑇, 𝑥) =

𝜎(𝑇, 𝑥)
𝜎𝑁𝐵𝑃 (𝑥)

𝜋(𝑇, 𝜉) = 𝑙𝑛 (

𝑝𝑐 (𝑥)
)
𝑝𝑠 (𝑇, 𝑥)

Eq. (9)

Where φ is the reduced boundary tension, σ the boundary tension ,σNBP is the boundary tension of
the ROS at the normal boiling point, 𝜋 the reduced pressure, pc the critical pressure of the ROS
and ps the vapor pressure of the ROS as a function of temperature and concentration in MPa.
Since the boundary tension corresponds to the vapor pressure of the mixture these equations can
be used to have a backwards effect on the fitting procedure. As discussed in (Zhelezny et al.,
2014) when using the pendant drop method for measuring the boundary tension, the surface layer
is in equilibrium to the gaseous phase. That means the concentration of the layer must be known
for further analysis. Since the saturation concentration is easier to measure than the concentration
in the boundary between saturated liquid and gas phase, an additional equation as a concentration
correction factor is needed as discussed by (Zhelezny et al., 2014).
As shown in former papers like (Göpfert et al., 2016) and (Göpfert et al., 2017) it is much easier to
measure the Laplace-coefficient 𝑎 than the boundary tension itself. For the fitting procedure Eq.
(10) was used.
𝑎=√

𝜎
𝛥𝜌 ∙ 𝑔

Eq. (10)

Δ𝜌 the density difference between boiling liquid and saturated dry steam and 𝑔 is the gravitational
acceleration.
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2.4.

Fitting procedure and boundary conditions

The fitting procedure and the comparison to the state of the art is shown in Fig. 1. In the state of
the art the EOS of each fluid has to be fitted at first before the mixture can be fitted. This leads to
problems for lubricants or other fluids with very low vapor pressure since they are difficult to
measure or can just be pre-calculated by generalized equations. The second step is to fit the data
of the critical loci of the mixture since these data are commonly used for calculating the reduced
density and reduced temperature. Since they often do not describe the exact critical state they are
utilized as reducing parameters. Especially when just a few or no data for the critical loci are
available for fitting, it is possible to use a predefined interaction model. By adjusting the parameter
of the critical loci the difference between data points and the correlation are minimized. In a third
Step the interaction parameters of mixture are fitted, if this is not done in step 2 or not needed.
Step 1

State of the art

Fitting of EOS
of Fluid 1

New approach

Step 1

Fitting of EOS of Fluid 1 and interaction
coefficients with Fluid 2
(EOS of Fluid 2 is already known)

Fitting of EOS
of Fluid 2

Without boundary conditions
Without transport/ interfacial properties
Step 2

Step 2

Update results from Step 1

Fitting of the parameter of the
critical loci of the mixture
Step 3

With boundary conditions
Without transport/ interfacial properties
Step 3

If needed – Fitting of the
interaction parameters or use of
a predefined correlation

Update results from Step 2
With boundary conditions
With transport/ interfacial properties

If necessary repeat also step 2
„Step 4"

Update results from Step 3 by using
results of different refrigerants and
optimisation of the lubricant EOS
With boundary conditions
With transport/ interfacial properties

Figure 1: Comparison of fitting procedure to the state of the art

The new approach fits at first the EOS of the lubricant and the interaction with fluid 2 directly. For
the first step no transport/interfacial properties and also no boundary conditions are used. This is
important to get a first numerically stable solution. In step 2 the results from step 1 are improved
relating to the boundary conditions shown in Table 1. The form of the equation changes since after
step 1 there are still some boundary conditions which are not satisfied. The algorithm tries to
reduce the MSE (Mean Square Error) between measurement points and the fit while reducing the
number of not satisfied boundary conditions. In this paper all boundaries must be fulfilled in the
fitting procedure, since especially the derivations of the EOS must be numerically stable. In the
third step also the transport/interfacial properties are used in the fitting process. This becomes
important since there are not always VLE or other thermodynamic properties available for the
entire thermodynamic range of interest. Also sometimes the database of viscosity data is much
bigger compared to thermodynamic data sets. The interfacial tension has a backwards effect on
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the critical temperature and density and changes the overall shape of the EOS. The viscosity is
calculated from the residual entropy and has especially an effect on the derivation of the EOS to
the inverse reduced temperature which becomes more stable and reasonable. There is the
possibility to use a fourth step for a further improvement by using the steps 1 to 3 for different
refrigerants with the same lubricant and using the results in a fourth step to achieve a solution with
the same lubricant properties.
The fitting procedure becomes much faster and more stable when reducing internal iteration loops
while calculating the thermophysical properties. For this purpose data sets of temperature, density
and concentration are needed. This is however not always the case and difficult to achieve from an
experimental point of view. For the steps 1 and 2 preliminary fittings of simple equations are
helpful, like pressure as a function of temperature and concentration for a binary mixture. Following
this way a reverse calculation of the concertation for pressure-temperature data sets, is possible.
This can also be helpful for binary mixtures to receive the density as a function of pressure and
temperature. These pseudo-data sets can be produced for the first and second step of the fitting
and should be erased in the last step to reduce uncertainties which come from the preliminary
fittings.
Table 1. Boundary Conditions for the fitting procedure in the new approach

Boundary condition
Mechanical stability

Derivation
𝑝(𝑇, 𝜌, 𝑥) > 0 →

(𝜕𝑝⁄𝜕𝜌) 𝑇,𝑥 > 0

Thermal stability

(𝜕𝑇⁄𝜕𝑠)𝜌,𝜉 = 𝑐v > 0

Chemical stability
Entropy increase by expansion
Positive viscosity

𝑓𝑖′ = 𝑓𝑖′′ for all 𝑖 = 1 … 𝑁
(𝜕𝑝⁄𝜕𝑇)𝜌,𝑥 = (𝜕𝑠⁄𝜕𝜌) 𝑇,𝑥 > 0
𝜂(𝑇, 𝜌, 𝑥) > 0

3. FITTING RESULTS AND DISCUSSION
3.1.

Fitting Results for a R170 – POE32 – Mixture

For the fitting procedure 308 data points of a mixture of ethane (R170) and a low viscous POE
lubricant of the viscosity group 32 was used. The data contained 131 data points of VLE, 19 of
isobaric heat capacity of the pure lubricant, 10 points of Liquid-Liquid-Equilibria, 54 points of
density, 32 for boundary tension and 62 points for the dynamic viscosity. The experimental results
are shown and discussed in (Göpfert et al., 2019). The fitting was carried out in three steps as
shown in Fig. 1. Each step was iterated for 1000 generations or a maximum stall generation of
150. The results after each step are shown in Fig. 2 and are discussed in section 3.2.
3.2.

Discussion of results

The number of not satisfied boundary conditions decreased from step 1 to 2. At the end of step 2
as well as in step 3 all boundary conditions can be fulfilled. In the program the reduction of the not
satisfied boundary conditions is taken priority over the reduction of MSE, which is carried out
afterwards. The MSE is low and the number of not satisfied boundaries is high after step 1 which
changes with step 2. From step 1 to 2 this was to be expected since the form of the EOS was not
restricted so that the polynomial terms tend to swing in step 1. This behavior changes significantly
since the derivations in Table 1 tend to reduce the number of density exponents as can be seen in
Fig. 2. The distribution of the exponents of the reduced density d i becomes more uniform in step 2
for the oil and also for the interaction part (Eq. (5)). The same behavior can be seen for the
reduced temperature exponents. An interesting effect is, that the uniform distribution of the li tend
more to the boundary values of 0 and 3 in step 2.
The results after step 3 show a different behavior. The density exponents tend to the boundaries of
0 and 6 which means that the dependence of the equation by the reduced density decreases. On
the other hand the dependency on the reduced temperature increases as can be seen in Fig. 2 by
the coefficient ti. The distribution becomes more uniform which results especially from the viscosity
data. The reduced entropy in Eq. (6) is calculated by the residual part of reduced Helmholtz energy
αr and the derivation of this part by the inverse reduced temperature 𝜏. The retroactive effect of the
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viscosity on the EOS works especially on the temperature dependency. This might lead to an
overestimation of the temperature dependency which reduces the density dependency. This effect
is also increased by the boundary tension data which have an effect on the critical loci of the ROS
and on the reduced temperature dependency of the VLE fitting.
The effect of the overestimation of the temperature dependency might be reduced by using other
thermodynamic properties like the speed of sound which have a higher dependency on the
reduced density derivations.
The MSE after each step was comparable which means that there was just a small loss on
accuracy by improving the boundary conditions. Since the form of the EOS changes dramatically
after each step it can be assumed that further boundary conditions must be used in step 3 to
decrease the redistribution of the density exponents.

Figure 2: Histograms of the fitting results

4. CONCLUSIONS
The results of the fitting show, that the form and the behaviour of an EOS can be influenced by
using transport and boundary properties of fluids and mixtures. The shown algorithm of the EOS
fitting by directly fitting the properties of the lubricant and the interaction parameters might be an
interesting option also for fluids and mixtures where the fitting of the state of the art procedure is
not applicable. Chemically unstable or highly reactive fluids might be such fluids. The temperature
dependency of the EOS can be influenced by the viscosity-residual entropy-scaling and the
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boundary tension data. But also other properties and mathematical links to the EOS are needed.
Another option might be the use of properties like the speed of sound which needs higher
derivations to the reduced density. The found EOS shows good results for the boundary conditions
but still lacks in term of the reduction of the MSE which is still under development.

NOMENCLATURE

o

α

𝜏
𝜂𝑟
𝜂0
𝑠𝑐𝑟
σ
𝑝𝑐
Δ𝜌
𝑔
𝑁
𝑇
𝑓

Reduced Helmholtz Energy
Ideal gas part of reduced Helmholtz
Energy
Inverse reduced temperature
Reduced dynamic viscosity
Ideal gas dynamic viscosity
Critical residual entropy
Boundary tension
Critical pressure
Density difference
Gravitational acceleration (9.807 ms²)
Number of Fluids in the mixture
Absolut temperature
Fugacity

𝑥
𝜂
sr
φ
σNBP
ps
a

Reduced density
residual part of
reduced Helmholtz
Energy
Concentration vector
Dynamic viscosity
Residual entropy
Reduced boundary tension
Boundary tension at normal boiling point
Vapor pressure of the ROS
Laplace coefficient

Aij Bij

Dimensionless interaction parameter

𝜋
𝜌

Reduced pressure
Density

𝛿
αr
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ABSTRACT
With respect to the increasing ecological requirements on refrigerants and refrigerant mixtures new
working fluids especially for temperature applications below 220 K are required. Especially low
GWP refrigerants like ethane and ethylene and their binary mixtures with carbon dioxide can be
interesting for specific applications were typically low-viscous lubricants are used. However the
thermophysical properties of these lubricants with the mentioned refrigerants are often unknown.
This paper shows the experimental results of the measurements of the saturation pressures,
miscibility gaps, liquid phase densities, viscosities and interfacial tensions of nine different lubricant
refrigerant mixtures.
The results show differences especially in the saturation pressures and the form of the miscibility
gaps for the investigated mixtures. For ternary mixtures the effect of refractionation of the
refrigerant mixture inside the lubricant is shown by measuring the interfacial tension.
Keywords: Lubricant refrigerant mixture, boundary tension, thermophysical properties, polyol ester
lubricants, natural refrigerants, carbon dioxide, R-170, R-1150

1. INTRODUCTION
Increasing environmental requirements leads to a reduced number of available refrigerants for
refrigeration cycles. This means that also other ways for the cycle optimization are needed.
Especially high-GWP refrigerants have to be replaced by other fluids. One interesting option is to
use mixtures of carbon dioxide with other fluids by decreasing the triple point of the mixture and
increasing the usable temperature range compared to pure carbon dioxide. As discussed in papers
like in example (Di Nicola et al., 2004), (Di Nicola et al., 2007), (Di Nicola et al., 2008), (Di Nicola et
al., 2010), (Di Nicola et al., 2011) and (Göpfert et al., 2015) different mixture can be used. However
all these publications miss information concerning the properties of refrigerant-oil-solutions (ROS).
However these properties are needed for further investigation and experimental research for the
application of such mixtures for low temperature refrigeration cascades.
The use of carbon dioxide mixtures is especially interesting in the temperature range from 220
down to 173 K since there are only a few pure refrigerants available. Refrigerants for these
temperature ranges are typically used in the second stage of a refrigeration cascade. The
lubrication of the used compressor is ensured by using low viscous lubricants, especially POE, and
in some few cases dry running machines. Such POE lubricants have a viscosity group equal or
lower than 32 cSt at 40 °C, a high viscosity index (VI) and a low pour point. Since typically carbon
dioxide is used for higher temperature ranges also higher viscous lubricants are used so that there
is an insufficient data situation. As shown by (Göpfert et al., 2015) interesting mixing partners for
carbon dioxide are ethane (R170) and ethylene (R1150) since they can form azeotropic mixtures.
Similar to carbon dioxide, there is also a lack of data for ethane-POE and ethylene-POE mixtures.
This paper shows experimental results of the thermophysical properties of binary mixtures of 3
different low viscous lubricants from different lubricant suppliers and the refrigerants carbon
dioxide, ethane and ethylene.
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2. MEASUREMENT DEVICES AND EXPERIMENTAL RESULTS
2.1.

Fluids and Experimental Boundary Conditions

Three different commercially available low viscous POE lubricants were analyzed. Oil A and B
were from the same and Oil C from another supplier. Oil A and C have the viscosity group 32 and
Oil B the viscosity group 22. All lubricants were degassed by heating the oil in a closed vessel up
to 70 °C and evacuating it for at least 2 h at a pressure lower than 1 mbar. For the analyses of the
lubricant properties the same batch of oil to ensure that there was no influence by analyzing a new
product with changed properties. Carbon dioxide with a purity higher than 99.9 % and ethane and
ethylene with a purity higher than 99.5 % was used and has been checked periodically by gas
chromatography.
2.2.

Specific Isobaric Heat Capacity of Lubricants

For the measurement of the isobaric heat capacity of the lubricants a Differential-ScanningCalorimeter (DSC) in the temperature range from 0 up to 100 °C was applied. Reproduction
measurements show an uncertainty of about 4 %. This corresponds to the data sheet of the DSC.
Comparing the test results with data from the oil supplier a deviation of about 5 % was exposed.
The experimental results and their error band are shown in Fig. 1.

Specific isobaric heat capacity
in kJ kg-1 K-1
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Figure 1: Measurement data of isobaric heat capacity of the lubricants

2.3.

Vapor Pressure, Vapor-Liquid-Equilibria (VLE) and Mixing Gaps (LLE) of ROS

For the measurement of the VLE and LLE a new vapor pressure cell made of sapphire glass for
pressures up to 150 bar in the temperature range from - 50 up to 80 °C was designed and
manufactured. Four cells with different concentrations of oil and refrigerant were analyzed in
parallel. Type-T thermocouples with an uncertainty of 0.3 K, pressure sensors with an uncertainty
of about 0.2 % (Full-scale) in the pressure range of 0 up to 150 bar have been applied. The relative
concentration uncertainty was calculated in the range of 1 up to 5 %. In all cells the pressure,
temperature and concentrations were measured while monitoring the phase boundary. When the
separation of the liquid phase was detected, the temperature at the beginning of the phase
separation was experimentally iterated by in- and decreasing the cell temperature. The results of
the LLE are shown in Fig. 2 and of the VLE in Fig. 3. For a better comparison, the results are
shown and will be discussed in chapter 3.
2.4.

Dynamic and Kinematic Viscosity and Densities of ROS

For the measurement of the dynamic viscosity and the density of the ROS a high pressure doublewalled vessel with a viscometer and a density meter was designed. The vessel is temperature
controlled by an external device in the temperature region of – 15 up to +80 °C with an uncertainty
of the temperature measurement of 0.3 K. The pressure had an uncertainty of about 0.15 %. For
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the viscosity measurement an in-Line high pressure process viscometer with a measurement
range of 0.1 up to 10.000 mPas and an uncertainty of 1 % of the measurement value (but always
higher than 0.1 mPas) was used. An oscillating fork density meter with a measurement rang of
500 up to 1.500 kgm-³ and an uncertainty of 0.1 % of the measurement value (but always higher
than 1 kgm-³) was implemented in the already described vessel. The experimental results for the
viscosity are shown in Fig. 4 and for the density in Fig. 5. To show the relation of the measured
values, all results are displayed and discussed in chapter 3.
2.5.

Interfacial Tension Mixtures of ROS

The apparatus for the interfacial tension measurement as well as experimental results of the
mentioned binary mixtures of refrigerants and lubricants have already been published in (Göpfert
et al., 2016) and (Göpfert et al., 2017). In this paper new results of binary refrigerant blends and a
lubricant are shown. The overall uncertainty of the measured Laplace constant is about 2.5 %. In
addition to the measurements carried out in (Göpfert et al., 2017) the gas phase composition for
the ternary mixtures have been analyzed. The uncertainty of the gas chromatography was lower
than 1 mole-% which was checked by calibration probes. The experimental results for the ternary
mixtures of oil, carbon dioxide and ethane and for carbon dioxide with ethylene are shown in Fig. 6.
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Figure 2: Measurement data of the LLE of the ROS
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3. DISCUSSION OF RESULTS
As shown in Fig. 1 there are just small differences between the isobaric heat capacity of oil A and
C which have the same viscosity group. Oil C which is a low viscous oil has a higher heat capacity
within the entire temperature range. It has not yet been uncovered if this effect derives from the
smaller molecules compared to the VG 32 lubricants or types and amount of additives of the
lubricant.
VLE of POE lubricants with R744

Pressure in bar

100

40 °C

80

20 °C

70 °C

0 °C
-10 °C
- 20 °C

20

- 50 °C

0

0.1

0.2

0.3

0.4
0.5
0.6
0.7
-1
Oil massfraction in liquid phase in kg kg

Pressure in bar

50°C

80

60°C

Region of
mixing gap

40

1

0.8

0.9

1

70°C

- 30 °C
- 40 °C
-- 50
50 °C
°C

20
0

0.1

0.2

0.3

0.4

10°C

0 °C
- 10 °C
- 20 °C

0.5

0.6

Oil massfraction in liquid phase in kg kg

-1

0.7

VLE of POE lubricants with R1150

100
Pressure in bar

0.9

30°C

60

30 °C

80

40 °C

50 °C

60 °C
70 °C

20 °C

Region of
mixing gap

60

10 °C
0 °C
- 10 °C

40

- 20 °C

20
0

0.8

VLE of POE lubricants with R170

100

0

60 °C

10 °C

40

0

Region of
mixing gap

30 °C

60

50 °C

- 50 °C

0

0.1

0.2

0.3

- 30 °C
- 40 °C

0.4

0.5

0.6

Oil massfraction in liquid phase in kg kg
Oil A

Oil B

-1

0.7

0.8

0.9

1

Oil C

Figure 3: Measurement data of the VLE of the ROS with isotherm of oil C

The LLE in Fig. 2 show a similar behavior of each refrigerant with different lubricants. While the
LLE for R744 are in the temperature range of 30 down to 10 °C the other refrigerants show to
bigger LLE. The research aims for mixing gaps in the entire concentration range from - 50 °C up to
the critical temperature of the refrigerant. This means for the carbon dioxide and ethylene mixtures
that there is a possibility of a mixing gap at low temperatures. With R170 the behavior of an hour
glass shaped mixing gap is assumed. Especially for Oil C an unexpected behavior was
determined. This behavior might result from the very low density differences which have been
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observed. This leads to a very slow separation of the liquid phases. In this case the turbidity of the
mixture was more difficult to detect compared to the mixtures with carbon dioxide or ethylene.
The differences of the VLE (see Fig. 3) for the different lubricants are small for low temperatures.
Especially at temperatures higher than the critical temperature of the refrigerant the differences
increase. Oil B has the propensity to higher pressures compared to the other oils. While the
difference between Oil A and C is small for carbon dioxide, bigger differences can be found with
ethane and ethylene. Oil C has a lower solubility with ethane compared to oil A. This effect can
also been seen in the results of the viscosity.
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Figure 4: Measurement data of the dynamic viscosity of the ROS with isotherms for oil C

The dynamic viscosity is shown in a viscosity-pressure diagram (Fig. 3), since isothermal data sets
were measured. As expected Oil B shows always the lowest viscosity. As seen in Fig. 3 the
solubility of the refrigerants is comparable for low temperatures, so that the differences in the range
are smaller compared to higher temperatures. The overall differences between oil A and C are
small in combination with carbon dioxide but tend to higher differences with ethane and ethylene.
Oil C has a lower solubility in ethane. This results in higher viscosities at the same thermodynamic
boundary conditions as oil A. The same effect can be seen with ethylene. The solubility of Oil A is
lower and it tends to higher viscosities. As discussed for the VLE, this effect increases for higher
temperatures.
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The density measurement data shown in Fig. 5 fit to the results of the VLE and viscosity
measurements. The overall difference between the oils is small for carbon dioxide while Oil A
tends to the highest densities. The density reducing effect of the pressure of carbon dioxide is
lower compared to ethane and ethylene. This corresponds to the lower liquid densities of ethane
and ethylene compared to carbon dioxide.
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Figure 5: Measurement data of the densities of ROS with isotherm for oil C

Fig. 6 shows the Laplace constant of oil C with a carbon dioxide/ethane and a carbon
dioxide/ethylene mixture with different compositions of refrigerants in the gas phase. For the same
pressure at the same temperature the Laplace constant changes with variable gas phase
composition. The Laplace constant changes monotonically but not linear with the mass or molar
fraction of the components. Since carbon dioxide/ethane and carbon dioxide/ethylene are able to
produce azeotropes, this derives at least partially from refractionation. Fig. 3 shows that the
solubility of carbon dioxide in oil C is higher compared to ethane and ethylene at the same
pressure and temperature, especially in the higher temperature region. This means for a gas
mixture that carbon dioxide is better soluted in the lubricant and this may lead to a composition
change of the refrigerant. This effect is especially interesting for refrigeration machines with low
refrigerant charges and high charges of lubricant.
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Laplace constant for R744 / R170 gas atmospheres at 303 K for Oil C
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Figure 6: Measurements of the Laplace constant for the ternary mixture of carbon dioxide, ethane
and carbon dioxide and ethylene and POE Oil C

4. CONCLUSIONS
The measurement results show the behavior of three different commercially available lubricants
with the refrigerants carbon dioxide, ethane and ethylene. The biggest differences can be found for
the LLE which differ for each lubricant and also for different refrigerants. Since the phase
separation behavior is still difficult to pre-calculate and has a high influence on the equation of
state the LLE have always have to be checked by measurements. Especially the VLE, density and
viscosity data can be used for the development of an equation of state for lubricant-refrigerantmixtures, see (Göpfert et al., 2019). The VLE show smaller differences between the researched
lubricants, while the lower viscous oil B tends to higher vapor pressures and lower solubility of the
refrigerant in the liquid phase. This effect also can be seen for the viscosities and densities. The
dilution effect on the density is higher for ethane and ethylene compared to carbon dioxide while
the dilution effect on the viscosity is higher for carbon dioxide. This corresponds to its very low
viscosity. An interesting approach is the use of the measurement of the Laplace constant to check
the ternary fluid mixture of lubricant and a binary refrigerant mixture for the effect on
refractionation. This effect can normally just be derived from VLE measurements, which tend to
higher experimental effort. The method of the pendant drop as already discussed in (Göpfert et al.,
2017) might be an alternative option for property measurement. It is still under research how the
effects of the change of the Laplace constant can be used for backwards calculation. In Example is
it possible to calculate the vapor pressure of the mixture based on pendant drop measurements.
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One possible way might be the algorithm shown by (Zhelezny et al., 2014) which connects the
reduced vapor pressure to the reduced boundary tension.
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ABSTRACT
In low-temperature refrigeration systems, the multi stage approach with inter-cooled compression
allows energy demand reduction, increased reliability, financial balance and maintenance costs
decrease. An intercooling process between low and high pressure levels, consists of desuperheating
the vapor coming from the low-pressure compressor by bubbling it in the saturated liquid
intermediate pressure tank towards the saturation conditions.
In this work, a semi-analytical heat transfer model of a single superheated vapor bubble injected in
the liquid is proposed by adapting the Fourier equation to defined conditions and by including the
effects of sensible and latent heat. The results show trends and highlight the influence of the liquid
surface tension, of the injection depth and of the thermal diffusivity of the vapor. The existence of an
optimal injection depth can be found, that accounts for the energy transfer at given thermodynamic
conditions of the vapor and the injected bubble dimensions.
Keywords: Semi-analytical model, vapor, liquid, bubble, 2-phase heat transfer.

1. INTRODUCTION
In industrial refrigeration applications the reduction of energy demand is made, at a thermodynamic
cycle level, through multi-stage intercooled compression techniques. In a 2-stage scheme the low
temperature heat sink is obtained internally at an intermediate pressure and is made of the saturated
refrigerant expanded after exiting the condenser. In each desuperheating stage, the temperature of
the vapor tends to the saturation value, through a heat transfer process, carried out either by injecting
liquid into the discharge line of the low-pressure compressor or by bubbling the vapor into the liquid.
Due to its characteristics, the bubbling technique is particularly attractive, as it combines economic
and energy benefits in a simple technical solution. The main design parameter is the injection depth,
that must guarantee the minimum residence time of the vapor, to allow complete desuperheating
with the minimum backpressure at the exit of the low-pressure stage. The optimization of the device
requires the formulation of a thermal model that considers the complexity of the convective and twophase heat transfer phenomena occurring. The evolution of a vapor bubble within liquid has been
the topic of several studies, limited to the class of pool-type processes. Rayleigh (Farajisarir, 1993)
proposes a mechanism for developing the vapor bubble that expands in a superheated, infinitely
extended, inviscid and incompressible liquid bath, starting from an initial radius, neglecting the
effects of surface tension and considering the growth phenomenon due to differences in pressure
across the liquid-vapor interface (inertial model). Bosnjakovic (Farajisarir, 1993) analyzes the
phenomenon by considering the thermal and mass exchanges with the liquid on the liquid-vapor
frontier (thermal model) as significant for the development of the bubble. Plesset (Plesset, et al.,
1954) proposes a model that considers both the inertial and the thermal mechanisms. Solutions to
the Plesset model, valid for the transient of the bubble collapse starting from the assigned initial
dimension, are provided by Akiyama (Akiyama, 1973) in the hypothesis of inertial collapse and by
Florschuetz and Chao (Florschuetz, et al., 1965) for the case of thermal collapse. None of the
proposed models can be applied, however, directly to the bubbling analysis since the vapor is
injected in superheated conditions and, therefore, far from saturation. In addition, neglecting the
vertical floating motions is not possible as they modify the saturation conditions while stimulating
convection. In this paper a heat transfer model, based on the Fourier law, that includes the effects
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of sensible and latent heat terms, the effects of the liquid surface tension and the vertical floating
motions on the convection and on the saturation conditions of the vapor at real operating conditions,
is proposed.

2. THE MATHEMATICAL MODEL
The liquid-vapor heat transfer model has been developed with a semi-analytical approach, looking
for exact solutions of the fundamental equations in discrete time intervals Δτ. The investigation
focused on the cooling of a single bubble, writing the Fourier equation with reference to the operating
conditions of the desuperheater and including the effects both of the sensible and latent heat.
Hypotheses are the following:
• spherical bubble of radius 𝑟" , variable in time and space, starting from a value of 𝑟"# ;
• liquid bath at uniform temperature 𝑇% (saturation temperature at the intermediate pressure);
• pressure in the liquid linearly variable with the depth (Stevino's law);
• non-negligible liquid surface tension effects (Laplace equation);
• bubble in vertical motion under gravitational effects and hydrodynamic resistance;
• flow regime with independent bubbles;
• heat transfer in the pure conducting vapor domain (Ra < 1000).
Fig. 1 shows the scheme of the analysed system with the main physical parameters.

Figure 1: scheme of the analysed system.

2.1.

Motion Equations

The analysis of the bubble motion was carried out by considering the only vertical upward component
inside the bath as significant for heat transfer phenomenon. With 𝑧 axis according to the direction of
the weight force and positive sign upwards, the fundamental equation of motion written for the time
interval j is expressed by Eq. (1) and comes from the translation equilibrium in the 𝑧 direction.
𝜌̅",/ 𝑧̈",/ (𝑡) +

3 sgn9𝑧̇",/ (𝑡);
?
(𝑡) − 𝑔9𝜌% − 𝜌̅",/ ; = 0
𝐶>,/ 𝜌% 𝑧̇",/
8𝑟",/ (𝑡)

Eq. (1)

The Eq. (1) is an ordinary non-linear differential equation with non-constant coefficients. Recognizing
in Eq. (1) a Riccati equation, the solutions of motion are for the case of an ascending bubble:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

851

⎤⎫
⎧ ⎡
⎧
𝑧̇#,/ 𝐺/
𝑧̇#,/ 𝐺/
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⎢𝑒 ?NOPQ RQ OS ⎛1 − #,/ / ⎞ − ⎛1 + #,/ / ⎞⎥
⎪𝑧̇",/ (𝑡) = −
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⎪
⎢
⎥
NO𝐹/ 𝐺/ O
NO𝐹/ 𝐺/ O
⎩
⎣
⎝
⎠ ⎝
⎠⎦
for the case of a descending bubble:

⎡
⎤
⎧
𝐺/ 𝑧̇#,/
1
⎢
sin fNO𝐹/ 𝐺/ O𝑡g⎥
⎪𝑧",/ (𝑡) = 𝑧#,/ − ln cos fNO𝐹/ 𝐺/ O𝑡g −
𝐺/ ⎢
⎥
⎪
NO𝐹/ 𝐺/ O
⎪
⎣
⎦
⎪
⎡
⎤
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⎨
⎥
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⎢
⎥
⎪ ",/
𝐺/
𝐺/ 𝑧̇#,/
⎢
⎥
⎪
cos fNO𝐹/ 𝐺/ O𝑡g −
sin fNO𝐹/ 𝐺/ O𝑡g
⎪
⎢
⎥
NO𝐹/ 𝐺/ O
⎩
⎣
⎦
3𝐶>,/ 𝜌%
⎧𝐺/ = −
⎪
8𝑟",/ 𝜌̅",/
3𝐶>,/ 𝜌% 𝑔i𝜌% − 𝜌̅",/ j
⎨
⎪𝐹/ = −
?
8𝑟",/ 𝜌̅",/
⎩
2.2.

Eq. (2)

Eq. (3)

Eq. (4)

Heat Transfer Equations

The real cooling process, with variable pressure and geometry, was modelled with a succession of
isobar heat transfer equations of duration ∆𝜏, written for bubble of constant geometry. With the
hypotheses of uniform thermal field around the bubble and of constant 𝑁𝑢 at the liquid-vapor
interface, a distributed 1-D unsteady heat transfer model has been adopted. The Fourier equation in
cylindrical coordinates can be written as a set of 𝑀 linear differential equations as follows:
𝜌 𝑐
𝜕𝑇
𝜕𝑇
1 𝜕
1 𝜕𝑇q,/
⎧ ? f𝑟 ? q,/ g = rq,/ trq,/ q,/ =
0 ≤ 𝑟 ≤ 𝑟q,/
𝜕𝑟
𝜆rq,/
𝜕𝑡
𝛼rq,/ 𝜕𝑡
⎪𝑟 𝜕𝑟
Eq. (5)
⋮
⎨1 𝜕
𝜌
𝑐
𝜕𝑇
𝜕𝑇
𝜕𝑇
1
y,/
ry,/
try,/
y,/
y,/
⎪
=
𝑟(yTq),/ ≤ 𝑟 ≤ 𝑟y,/
f𝑟 ?
g=
𝜕𝑟
𝜆ry,/
𝜕𝑡
𝛼ry,/ 𝜕𝑡
⎩𝑟 ? 𝜕𝑟
Eq. 5) is a set of non-linear differential equations with second order partial derivatives in space (𝑟)
and with first order in time (𝑡). The spatial and temporal non-linearities introduced by the functions
𝜌r , 𝑐tr and 𝛼r , dependent on the variable 𝑇 (and thus on 𝑟 and 𝑡) at a given pressure, have been
relaxed by making a discretization in time and space, assimilating the spherical domain to a system
of 𝑀 concentric shells of thickness ∆𝑟z , each characterized by physical and average thermodynamic
properties. 2𝑀 boundary conditions (valid ∀𝑡) and 𝑀 initial conditions (valid ∀𝑟 ∈ [𝑟zTq , 𝑟z ] with 𝑘 =
1, … , 𝑀) guarantee a unique solution. The boundary conditions depend on the characteristics of the
cooling process: since the surface temperature of the bubble can equal the saturation value, the
cases of sensible only and both sensible and latent heat transfer must be distinguished.
In the first case:
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𝜕𝑇
⎧ q,/ ‚
=0
⎪ 𝜕𝑟 ƒ„#
⎪
𝜕𝑇(zbq),/
𝜕𝑇
⎪𝜆rz,/ z,/ ‚
= 𝜆r(zbq),/
‚
𝜕𝑟 ƒ„ƒ
𝜕𝑟
ƒ„ƒ…,Q
…,Q
⎨
𝑇 i𝑟 , 𝑡j = 𝑇(zbq),/ i𝑟z,/ , 𝑡j
⎪ z,/ z,/
⎪
𝜕𝑇z,/
‚
= −ℎˆ,/ 9𝑇z,/ (𝑟, 𝑡) − 𝑇‰ ;ƒ„ƒ
⎪𝜆rz,/
𝜕𝑟 ƒ„ƒ
†,Q
⎩
†,Q

∀𝑘 = 1, … 𝑀 − 1

Eq. (6)

∀𝑘 = 1, … 𝑀 − 1

while for the second case, based on a constant bubble surface temperature:
𝜕𝑇
⎧ q,/ ‚
=0
⎪ 𝜕𝑟 ƒ„#
⎪
𝜕𝑇z,/
𝜕𝑇(zbq),/
⎪𝜆
‚
= 𝜆r(zbq),/
‚
∀𝑘 = 1, … 𝑀 − 1
rz,/
𝜕𝑟 ƒ„ƒ
𝜕𝑟
ƒ„ƒ
…,Q
…,Q
⎨
∀𝑘 = 1, … 𝑀 − 1
⎪𝑇z,/ i𝑟z,/ , 𝑡j = 𝑇(zbq),/ i𝑟z,/ , 𝑡j
⎪
⎪
𝑇 (𝑟, 𝑡)Oƒ„ƒ = 𝑇rŠ‹Œ,/
⎩ y,/
†,Q
In both cases, the initial conditions guarantee that:
𝑇z,/ (𝑟, 0) = 𝑇#z,/ (𝑟) con 𝑟•z,/ ≤ 𝑟 ≤ 𝑟Žz,/ ∀𝑘 = 1, … , 𝑀

Eq. (7)

Eq. (8)

where 𝑇#z,• (𝑟) is the initial temperature field in the 𝑘 shell for the time interval 𝑘. The nonhomogeneous problem at the boundary described by the Eq. (6) and Eq. (7) can be brought back to
a homogeneous problem with a change in the type of variable shown in Eq. (9), where Ω/ is equal to
𝑇‰ for the case of sensible-only heat transfer and equal to 𝑇‘’“S,/ in the other case.
𝑈z,/ (𝑟, 𝑡) = 𝑟[𝑇z,/ (𝑟, 𝑡) − Ω• ]

Eq. (9)

Separating the variables, the problem can be expressed with the function 𝑈z,/ , that is a SturmLiouville problem and the following general solutions can be obtained (Mikhailov et al., 1984):
y

⎧𝑇/ (𝑟, 𝑡) = • 𝑇z,/ (𝑟, 𝑡)
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⎪
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that, in case of average thermodynamic properties in the domain, can be simplified as follows:
•

ƒ
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for the case of sensible-only heat transfer, and:
•

ƒc,Q
1
2
œ
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#

Eq. (12)

˜„q
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for the case of sensible-latent one.
The flow 𝑚̇‰,/ , released during the process of vapor condensation, can be estimated by the energy
balance on the bubble shell under saturation conditions, under the hypothesis of ∆𝑟z,Š‹Œ ≪ ∆𝑟z :
𝑚̇%,/

?
4𝜋𝑟",/
𝑑𝑇/
=
°𝜆ry
‚
ℎr%,/
𝑑𝑟 ƒ„ƒ

+ ℎˆ,/ i𝑇rŠ‹Œ,/ − 𝑇% j²

Eq. (13)

c,Q

The first term in brackets is the energy transferred by conduction from the inner layers of the bubble
to the saturating shell, while the second one represents the portion transferred by convection.
2.3.

Results

2.3.1 Problem initialization
The problem is initialized by providing initial velocity, position, radius and temperature of the bubble,
its injection depth and the intermediate pressure. For the validation of the model, a simulation plan
was, therefore, formulated, considering a two-stage refrigeration system, with water as refrigerant,
operating between the evaporation and condensation temperatures, varying 3 of the 6 degrees of
freedom of the model, according to the values reported in Table 1. The thermodynamic and transport
properties of water and its vapor were calculated through the correlations of the IAPWS. The average
convective heat transfer coefficient on the liquid-vapor frontier surface was evaluated by the
Whitaker correlation (Çengel et al., 2009), while for the drag coefficient of the flow the interpolation
proposed by Morrison was used (Morrison, 2016). The results of the simulations show the same
trends as the thermodynamic injection conditions and the initial radius change. Fig. 2 shows the
comparison between velocity and position of the bubble when the initial radius 𝑟"# changes. In all
the analyzed cases, the velocity first increases up to a maximum value and then tends to zero, while
the cooling process proceeds. The difference in the average densities between liquid and vapor
tends to cancel out as the vapor cools down and tends to reach the liquid condition. Comparing the
average temperature curves of Fig. 3 to the classic exponentially decreasing cooling trend, 3 different
regimes can be observed. The behaviour can be interpreted by looking at the radial thermal profile
curves in the vapor (Fig. 4). In the very first moments of the transient cooling (curve 1), the high
thermal gradient at the liquid-vapor interface determines the rapid setting up of an area of thermal
gradient, where the vapor is affected by the presence of the liquid, by changing its temperature. In
this phase the average bubble temperature decreases rapidly over time, until the saturation
conditions on the liquid-vapor frontier are reached. The phase change "freezes" the surface ∆𝑇 with
the liquid, increasing the heat transfer and determining, in relation to the reduced thermal diffusivity
of the vapor, the "rigid" translation of the thermal profile towards the center of the bubble (curves 2
and 3). When the amplitude of the transition region equals the instantaneous radius of the bubble
(curve 4), even the core of the vapor, that behaves as a thermal reservoir till that moment, is affected
by the heat flow and a sudden fall of the average temperature (curve 5) up to the bubble collapse
occurs.
Table 1. Parameters of the simulation

Parameter
Desuperheating pressure,
𝑝´µ’ [MPa]

Value
2.42 x 10-3

Initial velocity, 𝑧̇# [m⁄s]

0.0

Initial position, 𝑧# [m]

0.0

Initial radius, 𝑟"# [mm]

{1.0; 5.0; 10.0}

Injection temperature, 𝑇"# [K]

{383.2; 423.2}

Injection depth, 𝐻 [m]

{0.1; 0.2; 0.3; 0.4; 0.5; 0.6; 0.7}

Assuming the bath at a temperature 𝑇% , the injection of vapor at a certain depth, due to the increase
in the local pressure and due to the effects of the surface tension of the liquid, implies that the
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saturation temperature of the steam is always higher than the that of the surrounding liquid and that
its ∆𝑇 grows with depth. By increasing the injection depth, it is possible to increase the heat
transferred to the liquid, even if this increase is less than proportional to the depth 𝐻 and tends to
saturation for 𝐻 → ∞ (Fig. 5). To understand this behaviour, it must be considered that the energy
released by the vapor during the condensation is proportional to the condensed mass. In this case,
the vapor thermal diffusivity plays a fundamental role: as the injection depth increases, the freezing
of the ∆𝑇 with the liquid at ever higher values increases the convective energy transfer to the bath,
but the vapor, as a consequence of its thermal diffusivity, is not able to propagate the thermal front
to the innermost layers of the bubble and the effect is an increase of the thermal gradient d𝑇/d𝑟,
calculated on the border surface of the bubble, Eq. (12). The increase in the condensate flow rate,
expected with the increase in convection, is, therefore, mitigated by the effects of thermal diffusivity.
At given injection conditions, the increase in depth 𝐻, on one hand determines the increase of the
heat dissipated by the bubble, on the other produces the increase in vapor density and thus, at fixed
volume, the increase in the total amount of energy to be removed, down to the saturation conditions.
The increase both in heat transferred to the liquid and in the bubble energy as a consequence of the
increase of its mass are competing and thus an optimal condition can be found. The curves of the
normalized residual energy in Fig. 5 for a bubble with 𝑟"# = 10 𝑚𝑚, show how, when injection depth
increases, the energy transfer rate with respect to the total transferable one increases till the
maximum value is reached at an optimum depth 𝐻¿ÀS = 0.4 𝑚 and then decrease again for 𝐻 > 𝐻¿ÀS .
The same behaviour, even if with different optimal depth, can be found when the injection conditions
change. The bubble cooling rate depends on the balance between the amount of energy to be
removed (proportional to the mass) and the transfer rate, both increasing with the injection depth 𝐻.
Increasing the injection depth, starting from fixed 𝑇"# and 𝑟"# , the curves of the normalized bubble
residual energy move towards the origin, showing an increase in the bubble cooling rate. In this
condition the increase in heat power released to the liquid is preponderant and the result is a
reduction in the cooling time. However, it can be observed that equal increases in depth always
correspond to ever smaller displacements of the curves, which tend to overlap as 𝐻 → 𝐻¿ÀS . By
increasing the depth 𝐻 > 𝐻¿ÀS , the curves tend again to move away from the source, thus
demonstrating a reduction in the bubble cooling rate.
In this condition the energy that the vapor must release down to saturation increases with the depth,
causing an increase in the cooling time.
2.3.1 Optimal vapor depth of injection
At assigned vapor injection conditions and bubble initial size, an optimal 𝐻¿ÀS can be therefore found
that maximizes the energy release rate towards the bath or minimizes the vapor desuperheating
time. The vapor injection at depth 𝐻 above the optimal value is therefore not convenient since the
only effect would be the increase in the discharge conditions of the low-pressure compressor.

Figure 2: Velocity and position of the bubble.
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Figure 3: Bubble average temperature, radius and energy losses.

Figure 4: Vapor radial thermal field.

Figure 5: Bubble power loss vs injection depth and residual energy vs time.

3. CONCLUSIONS
A semi-analytical model of heat transfer between liquid and vapor has been proposed, using a single
bubble approach, adapting the Fourier thermal equation to real cooling conditions and including the
effects of sensible and latent heat. Model appears to be physically consistent and well interpretable
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trends can be observed; the liquid surface tension, the injection depth and the thermal diffusivity of
the vapor are investigated as antagonistic phenomena in the cooling process. Their effect results in
the existence of an optimal injection depth, that optimizes the heat transfer, at given thermodynamic
conditions of the vapor entering the desuperheater and of the bubble size. The model can be
proposed as a valid tool to help the design of multi-stage systems. Further theoretical and
experimental investigations are needed for a full validation of the model and for extension to the
general case of multiple bubbles flow.
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NOMENCLATURE
𝑟"
𝑟
𝑡
𝑟Ã,/
𝑇%
𝑇

bubble radius (mm)
bubble radial coordinate (mm)
time (s)
outer radius of the k-th bubble shell during
the j-th time interval (mm)
desuperheater saturated liquid temperature
(K)
vapor radial thermal field (K)

𝑇#z,/

initial temperature field across the k-th
bubble shell during the j-th time interval (K)

𝑇"#

vapor injection temperature (K)

𝜌̅"
𝑧̈"
𝑔
𝑧̇"

boundary value problem auxiliary variable
(K × m)
mean vapor density (kg × mTÆ )
bubble vertical acceleration (m × sT? )
gravity acceleration (m × sT? )
bubble vertical velocity (m × sTq )

𝐶Ç

flow drag coefficient (dimensionless)

𝑈z,/

𝑟"#

bubble initial radius (mm)
inner radius of the k-th bubble shell in the j-th
𝑟zTq,/
time interval (mm)
saturated vapor temperature in the j-th time
𝑇rŠ‹Œ,/
interval (K)
vapor radial thermal field in the j-th time
𝑇/
interval (K)
vapor radial thermal field across the k-th
𝑇z,/
bubble shell in the j-th time interval (K)
liquid – vapor temperature difference at the
∆𝑇
bubble boundary surface (K)
mean vapor density in the j-th time interval
𝜌̅",•
(kg × mTÆ )
bubble vertical acceleration at j-th time
𝑧̈",•
(m × sT? )
𝑧̇",/ bubble vertical velocity at j-th time (m × sTq )

𝐶Ç,/
𝜌%
𝜌rq,/

vapor thermal conductivity of the k-th bubble

𝜆rz,/ shell during the j-th time interval (W × mTq × 𝑐trz,/
K Tq )

𝑧#,/

initial bubble position at the j-th time (m)

𝑘
𝜌r

bubble shell index
vapor local density (kg × mTÆ )

𝑐tr

vapor isobaric specific heat (J × kg Tq × K Tq )

𝜆r
𝛼r
∆𝑟z
𝑉z

vapor thermal conductivity (W × mTq × K Tq )
vapor thermal diffusivity (m? × sTq )
radial thickness of the k-th bubble shell (m)
volume of the k-th bubble shell (mÆ )
characteristic temperature of the process
during the j-th time interval (K)
n-th eigenvalue of the thermal problem
during the j-th time interval (sTq/? )
eigenfunction of the thermal problem
associated to the n-th thermal eigenvalue at
the j-th time (dimensionless)

𝛺/
𝛽˜,/
𝛹z˜,/

𝑗

flow drag coefficient in the j-th time interval
(dimensionless)
liquid density (kg × mTÆ )
vapor density of the k-th bubble shell in the j-th
time interval (kg × mTÆ )
vapor isobaric specific heat of the k-th bubble
shell during the j-th time interval (J × kg Tq ×
K Tq )
time interval index

vapor thermal diffusivity of the k-th bubble shell
during the j-th time interval (m? × sTq )
radial thickness of the k-th bubble shell in
∆𝑟z,Š‹Œ
saturated conditions (m)

𝛼rz,/

eigenfunction

of

the

thermal

problem

𝛹z˜,/ associated to the n-th thermal eigenvalue
during the j-th time interval (dimensionless)

𝑐˜,/
𝐻
𝐻ÌtŒ
𝐵z˜,/

thermal
solution
combination
constant
associated to the n-th thermal eigenvalue
during the j-th time interval (K × m)
vapor depth of injection (m)
optimal vapor depth of injection (m)
coefficient
of
(dimensionless)

the

n-th
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𝐴z˜,/
𝑝´µ’
ℎr%,/

coefficient of the n-th eigenfunction
(dimensionless)
intermediate desuperheating pressure (MPa)
latent heat of condensation during the j-th
time interval (J × kg Tq )

ℎˆ,/
𝑚̇‰,/

liquid – vapor convection heat transfer
coefficient during the j-th time interval (W ×
m? × K Tq )
condensed mass flow rate during the j-th time
interval (kg × sTq )
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ABSTRACT
The mathematical model of evaporating tower (ET) in heat pump air circulation evaporation
separation (HP-ACES) system was built and the effect of inlet solution and air parameters on the
heat and mass transfer characteristics of ET was investigated. Results shows that inlet solution
parameters have greater effect on the total heat transfer capacity of ET than inlet air parameters.
The total heat transfer capacity increases 4.2kW and 3.85 kW with the increase in inlet solution
temperature and mass flow, respectively. The inlet solution and air temperatures and solution mass
flow are beneficial to the thermal efficiency of ET while inlet solution temperature and dry air mass
flow per unit cross-sectional area have negative effect on the concentrating efficiency of ET.
Additionally, inlet solution temperature and dry air mass flow have negative effect on the
concentrating efficiency.
Keywords: Evaporating Tower, Heat and Mass Transfer, Salinity Wastewater, Mathematical Model.

1. INTRODUCTION
Environmental protection is not only a major socio-economic problem which is the common concern
of the people all over the world, but also a great research project in the field of science and
technology nowadays. High salinity wastewater are those with the total dissolved solids (TDS) above
3.5%, generated from numerous industries. Supposing that high salinity wastewater was discharged
without treatment, it would be greatly harmful to the human health and ecological environment. As
high salinity wastewater contains highly concentrated organics and dissolved salt, it is generally
difficult to treat(Li et al., 2016). Currently, salinity wastewater treatment, such as membrane
distillation, chemical precipitation and coagulation–flocculation (Bella et al., 2014; Lu et al., 2011;
Wen et al., 2016), can be classified into physical, chemical, and biological methods.
However, most of these methods do not conform to the idea of “zero liquid discharge” due to
sediment harmful to environment as by-product, except thermal evaporation belonging to physical
method. Gao et al. (2015) proposed air circulation evaporation separation (ACES) system for high
salinity wastewater, as illustrated by Fig. 1.

Figure 1: Schematic of ACES system for high salinity wastewater.
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It is obvious that ET is the critical component of ACES system. The physical process within ET of
ACES system is similar to that within regenerator of liquid desiccant where packed columns are
usually utilized (Huang et al., 2018; Zhang et al., 2018). As the heat and mass transfer happens in
packed column simultaneously, there is an interrelationship between heat transfer and mass transfer.
It was found that all of air flow rate, solution flow rate and inlet solution temperature have positive
effect on the evaporation rate of system while both air inlet humidity ratio and inlet solution
concentration have negative effect through experiments (Ma et al., 2005; Sultan et al., 2002). Inlet
solution temperature, solution flow rate and air flow rate have greater effect on evaporation efficiency
of packed column than other parameters (Fumo et al., 2002; Liu et al., 2008). Besides, Alizadeh et
al. (2002) explored that environmental conditions are also influential in the performance of
regenerator. Furthermore, Kim et al. (2015) derived a model of packed-bed tower which have a wider
operating range than an existing model. Haidl et al. (2017) proposed a general mass-transfer model
for gas phase in structured packings.
Furthermore, some researchers have focused on the effect of tower’s size and packing structure on
the heat and mass transfer characteristics. Bassuoni (2011) revealed that an increase in packing
density enhances the heat and mass transfer characteristics of tower as heat and mass transfer
surface rises. Equally, higher packed tower is beneficial to the evaporating efficiency resulting from
the increase in contact time between solution and air (Alizadeh et al., 2002; Zeidan et al., 2011)..
Meanwhile, the height of regenerator has a limited value because the direction of heat and mass
transfer goes into reverse when the height exceeds the limited value.
Thus far, researchers have made a significant amount of effort to explore and improve the heat and
mass transfer characteristics of the packed column which is used as heat exchanger or regenerator,
while few studies have focused on the packed column applied in salinity wastewater treatment. The
mathematical model of ET in ACES system was built and the effect of inlet parameters of air and
solution on the performance of ET was investigated in the paper.

2. HEAT AND MASS TRANSFER MATHEMATICAL MODEL
Liu et al. (2009) revealed that counter-flow configuration has the best mass transfer performance
when solution is heat source based on uniform factor analysis of humidity field. Therefore, the
counter-flow is chosen as the flow configuration of ET. The schematic of ET is shown in Fig. 2a. The
solution flowing into the ET drops from the top by gravity, and the air blown from the bottom contacts
with the solution which is distributed over the packing directly. After the heat and mass transfer in
the ET, the air and solution are expelled from the top and bottom of ET, respectively. There is a
mutual influential and promoting relation between the heat and mass transfer of air and solution.
Therefore, heat and mass transfer process cannot be analyzed separately.

Figure 2: (a) Schematic of ET; (b) Heat and mass transfer model of ET.

Calcium chloride solution and 25mm Pall Rings is utilized in the mathematic model. Besides, in order
to calculating the heat and mass transfer characteristics easily, the following approximations for
present model are made:
(1) Only the variation of parameters in 1-D direction is consider;
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(2) The heat and mass transfer between air and solution is steady and physical parameters are
regarded as a constant;
(3) The ET is well insulated;
(4) The heat and mass transfer coefficients are constant throughout the packing.
These assumptions are made on the basis of following reasons.
(1) The states of air and solution have little change in the direction perpendicular to the center line
of evaporating tower due to small inner diameter of tower. The calculating speed can increase
dramatically while accuracy requirement can be met through using 1-D modeling;
(2) The physical parameters of air and solution have little change, so it is reasonable that they are
regarded as constant for a volume of dV;
(3) The evaporating tower will be insulated under realistic operating conditions;
(4) The physical parameters and flow patterns of air and solution are not changed basically.
Heat and mass transfer model of the ET is shown in Fig. 1b, and the ET can be divided into an infinite
number of volumes of dV. The decrease of solution mass is equal to the increase of vapor mass in
the air based on the conservation of mass, then:

dms = mda dwa

Eq. (1)

Because only the water in the solution is evaporated, the mass of solute is constant. It can be
expressed by Eq. (2).
d ( ms X s ) = 0

Eq. (2)

As the ET is well insulated, the enthalpy variation of solution is equal to that of air. It can be expressed
by Eq. (3).
mda dha = d ( ms hs )

Eq. (3)

where, dha and dhs can be calculated by Eqs. (4) and (5).
dha =
( Cpa + Cpv wa ) dta + ( r0 + Cpvta ) dwa

Eq. (4)

dhs = Cps dts

Eq. (5)

In the ET, the water vapor pressure gradient affected by air humidity and solution concentration is
the driving potential of mass transfer process, while the temperature difference between air and
solution is that of heat transfer process. Equivalent humidity ratio which reflects the effect of solution
concentration on mass transfer process is introduced in the model for convenient application. Hence,
the mass variation of solution and enthalpy variation of air can be calculated by Eqs. (6) and (7),
respectively.
dms β ( ws* − wa ) AdV
=
mda dh=
hv β ( ws* − wa ) AdV + α ( ts − ta ) AdV
a

Eq. (6)
Eq. (7)

where equivalent humidity ratio which can be calculated according to the vapor partial pressure of
solution related to solution concentration and temperature. It is often expressed as Eq. (8).

ws* = 0.622

Pv,s
P0 − Pv,s

Eq. (8)

According to the definition of Lewis number, Lewis number can be expressed as Eq. (9).

Le =

α
β Cpa

Eq. (9)

Through the deduction and simplification, Eq. (10) and Eq. (11) are obtained.
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dta β A ( ts − ta ) Cpa Le
=
dV mda ( Cpa + Cpv wa )

Eq. (10)

*
dts β A ( ts − ta ) Cpa Le + ( r0 + Cpv ta − Cps ts ) ( ws − wa ) 
=
dV
Cps ms

Eq. (11)

3. PERFORMANCE PARAMETER
The heat transferred from solution to air consists of sensible heat and latent heat in ET, where
the former is wasted by air. Latent heat percentage, defined as the ratio of latent heat transfer
capacity to total heat transfer capacity, is utilized to evaluate the thermal efficiency of ET. It can be
calculated by Eq. (12).
=
χ

(w

a,out

− wa,in ) r0

ha,out − ha,in

× 100%

Eq. (12)

Apart from latent heat percentage, as a vaporization and concentration equipment, the
concentrating capacity of ET is a very important evaluation indicator. Hence, concentration efficiency
is defined as the ratio of actual humidity variation during evaporation process to ideal humidity
variation which is equal to the difference between inlet solution equivalent moisture content and inlet
air moisture content. It can be calculated by Eq. (13)

η=

wa,out − wa,in

Eq. (13)

*
− wa,in
ws,in

4. VALIDATION OF MATHEMATICAL MODEL
The Lewis number of mathematical model equals to 1.06 according to the results in (Chen et al.,
2006) and the mass transfer coefficient was obtained on the basis of analysis in (Fumo et al., 2002).
The experimental data in (Fumo et al., 2002) were used to verify the validation of mathematical
model and results are shown in Table 1. The simulation results of outlet air temperature are in good
consistent with the experimental results (relative error is within 4%), which indicates that the
mathematical model of ET is accurate.
Table 1. Validation results of mathematical model

No.
1
2
3
4
5
6
7

m da

t a,in

w a,in

ms

t s,in

X s,in

α

kg·s-1
1.097
1.102
1.132
1.116
1.097
1.101
1.111

°C
35.1
40
30.2
30.3
29.4
29.9
30

g·kg-1
18
17.8
14.3
18.2
21
18
18.7

kg·s-1
6.348
6.354
6.37
5.185
6.44
7.541
6.245

°C
65.1
65
65.2
65.4
65.5
65.2
60.3

%
33.4
33.6
34
34.4
33.6
34.3
34.4

W·m-2·°C-1
14.2
14.0
14.3
14.1
14.2
14.9
15.9

t exp
a,out
°C
58.5
58.9
57.6
57.6
58.5
59
55.8

t sim
a,out

Δ

°C
57.0
58.0
55.7
55.6
56.7
56.8
53.7

%
2.6
1.6
3.3
3.4
4.2
3.8
3.7

5. RESULTS AND DISCUSSION
The effect of inlet parameters of air and solution on the heat transfer capacity, latent heat transfer
percentage, capacity of concentrating was investigated under different conditions by simulation.
Specific simulation conditions are shown in Table 2.
Table 2. Different simulation conditions

Number
1

t s,in
°C
40-70

X s,in
%
30

q s,in
kg·m-2·s-1
2.21

t a,in
°C
20

w a,in
g·kg-1
8.73
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q a,in
kg·m-2·s-1
2.21
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2
3
4

60
60
60

30
30
30

1.11-4.42
2.21
2.21

20
10-35
20

8.73
8.73
8.73

2.21
2.21
1.11-4.42

5.1. Inlet Solution Temperature

(a)

(b)

Figure 3: Effect of inlet solution temperature on the performance of ET: (a) heat
exchange; (b) capacity of concentrating

Fig. 3a illustrates the variation of heat exchange of ET with inlet solution temperature. As shown in
Fig. 3a, the total heat transfer capacity, sensible heat transfer capacity, latent heat transfer capacity
increase 4.2 kW, 0.49 kW and 3.71 kW, when inlet solution temperature varies from 45 °C to 70 °C.
it can be explained that not only the heat transfer temperature difference but also the equivalent
moisture content of solution increases for higher inlet solution temperature, which reinforces the
driving potential of heat and mass transfer. It is remarkable that the latent heat transfer percentage
also increases from 72.2% to 82.6%, which means inlet solution temperature has a positive effect
on the heat and mass transfer characteristic of ET.
Besides, according to Fig. 3b, the concentration difference increases 0.65%, while the concentration
efficiency declines 0.16. The reason is that the increase of the equivalent moisture content of solution
for a higher solution temperature results in the enhancement of heat and mass transfer in ET.
However, as the increase in the equivalent moisture content of inlet solution is greater than that in
outlet air humidity ratio, the concentrating efficiency decreases according to Eq. (13)
5.2 Solution Mass Flow Per Unit Cross-Sectional Area

(a)

(b)

Figure 4: Effect of solution mass flow per unit cross-sectional area on the
performance of ET: (a) heat exchange; (b) capacity of concentrating

The variation of the ET performance with the solution mas flow per unit cross-sectional area is
presented in Fig. 4. The total heat transfer capacity, sensible heat transfer capacity, latent heat
transfer capacity increase 3.85 kW, 0.55 kW and 2.3 kW, respectively. Larger solution mass flow
contributes to faster refresh rate of air and solution film and the reduction of contact thermal
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resistance which is the main influencing factor of heat and mass transfer. As latent heat of
vaporization largely outweighs the specific heat of solution, the increase in latent heat transfer
capacity is larger than that in sensible heat transfer capacity and the latent heat transfer percentage
rises 4.6%. Moreover, there is a decrease in the trend growth of sensible heat transfer with the
increase in solution mass flow per unit cross-sectional area resulting from the limitation of ET’s heat
transfer capacity.
Meanwhile, the outlet air temperature increases slightly with the increase in solution mass flow per
unit cross-sectional area and the ability of moisture air to carry vapor has little change for a fixed dry
air mass flow. Hence, the concentration difference declines 0.4% under simulation conditions.
However, from the view-point of air, larger solution mass flow per unit cross-sectional area results in
higher outlet air humidity ratio, which means solution mass flow has a positive effect on the
concentrating efficiency of ET.
5.3 Inlet Air Temperature

(a)

(b)

Figure 5: Effect of inlet air temperature on the performance of ET: (a) heat exchange;
(b) capacity of concentrating

The curves in Fig. 5a shows inlet air temperature has negative effect on the sensible heat transfer
capacity of ET due to the reduction in heat transfer temperature difference between air and solution.
And because of this, the increase in outlet solution temperature leads to higher average equivalent
humidity ratio of solution. Hence, the latent heat transfer capacity increases slightly and the latent
heat transfer percentage increases from 73.52% to 90.1%. It is noteworthy that the total heat transfer
capacity decreases 0.64 kW because the decrease in sensible heat transfer capacity is larger than
the increase in latent heat transfer capacity.
As the inlet air temperature enhances the mass transfer process fractionally, the concentration
difference of solution increases 0.06 % only. Similarly, both outlet air humidity ratio and inlet solution
equivalent humidity ratio rise, thus the concentrating efficiency remains at around 0.27.
5.4 Dry Air Mass Flow Per Unit Cross-Sectional Area

(a)

(b)

Figure 6: Effect of dry air mass flow per unit cross-sectional area on the performance of ET: (a)
heat exchange; (b) capacity of concentrating
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Fig. 6a draws the variation of heat exchange with the dry air mass flow per unit cross-sectional area.
The film between air and solution is smaller for larger dry air mass flow, which leads to the reduction
of contact thermal resistance. As a consequence, the dry air mass flow as well as solution mass flow,
is propitious to strengthen the heat and mass transfer process of ET, and total heat transfer capacity,
latent heat transfer capacity, total heat transfer capacity increase 0.32 kW, 0.54 kW and 0.86 kW,
respectively. However, the latent heat transfer percentage decreases 2.99%.
As shown in Fig 6b, owing to the enhancement in mass transfer process, the concentration difference
increases 0.09 % with the increase in dry air mass flow per unit cross-sectional area. In addition, as
outlet air humidity ratio drops, the concentrating efficiency of ET decreases 0.35.

CONCLUSIONS
The mathematical model of ET in ACES system was built and the effect of inlet parameters of air
and solution on the heat transfer capacity, latent heat transfer percentage, capacity of concentrating
was investigated under different conditions by simulation. The main conclusions are as follows:
1. The heat exchange of ET can be enhanced by increasing the inlet solution temperature, inlet
solution mass flow per unit cross-sectional area and dry air mass flow per unit cross-section
area. While Inlet solution parameters has greater effect on the heat exchange of ET than inlet
air parameter.
2. The thermal efficiency of ET can be improved by increasing inlet solution temperature, inlet
solution mass flow per unit cross-sectional area, inlet air temperature.
3. In order to obtain larger concentration difference of solution between inlet and outlet, increasing
solution temperature and decreasing inlet solution mass flow per unit cross-sectional area are
recommended.
4. Inlet solution temperature and dry air mass flow per unit cross-sectional area have negative
effect on the concentrating efficiency, while solution mass flow has positive effect and inlet air
temperature almost has no effect.

NOMENCLATURE
Symbols
A
specific surface area (m2×m-3)

Cp

h
P
q

m
P0
Q

specific heat capacity (kJ×kg-1×°C1)
mass flow rate (kg×s-1)
environmental pressure (kPa)
heat transfer capacity (kW)

t

temperature (°C)

V

volume (m3)

w*
X

equivalent moisture (g×kg-1)
concentration (%)

β
ξ

mass transfer coefficient (g×m2×s-1)
average error (%)

da
out

dry air
outlet

r0
Δt
w
Δw

specific enthalpy (kJ×kg-1)
pressure (kPa)
mass flow per unit cross-sectional
area (kg×m-2×s-1)
water’s latent heat of vaporization
(kJ×kg-1)
temperature difference between
air and solution (°C)
humidity ratio (g×kg-1)
humidity ratio difference between
air and solution (g×kg-1)

Greek symbols

α
η
χ

heat transfer coefficient (W×m2×°C-1)
concentration efficiency
latent heat transfer percentage
(%)

Subscript

a
in

moisture air
inlet
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s
solution
sim theoretical

v
vapor
exp experimental
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ABSTRACT
Flow patterns of air-water two-phase flow are investigated for various flow directions in a
transparent cross-corrugated channel with almost ideal, i. e. uniform, gas-liquid injection. A flow
pattern map is derived from visual classification of photographs. Flow directions have little effect on
flow patterns. This is attributed to the centrifugal force often dominating over buoyancy in the
helical flow path. The ratio of centrifugal to buoyancy force is quantified by the centrifugal Froude
number. Bubbly flow patterns are pre-determined by the homogeneous void fraction in the same
way as in tubes. However, so-called slug flow is not observed, although being reported for crosscorrugated channels by other authors. Slugging is caused by non-uniform inlet conditions and
other oscillating two-phase phenomena in the experimental periphery of the cross-corrugated
channel.
Keywords: Air-Water, Corrugated Surface, Distribution, Horizontal Plate, Plate Exchanger,
Slugging, Two-Phase Flow, Vertical Flow, Bubbles, Centrifugal Force, Froude Number.

1. INTRODUCTION
Plate heat exchangers can be utilized as evaporators/ condensers or absorbers/ desorbers in
refrigeration plants or other processes. For those applications, knowledge of flow pattern is useful
in order to estimate pressure drop, heat transfer, and, if required, mass transfer.
In order to investigate flow patterns isolated from the effects of heat or mass transfer, air-water flow
is used as a model system. A transparent cross-corrugated single channel has been pivot-mounted
to vary flow directions and qualify the impact of buoyancy. The typical inlet region of heat
exchanger plates was substituted by separate injection of gas and liquid phase in order to obtain
uniform phase distribution. Thus, the flow patterns are certainly induced by the cross-corrugated
channel geometry, and not by the distributer.
Flow patterns in plate heat exchangers with air-water mixtures have been investigated by several
researchers. Flow direction was either vertical upward or downward, but not horizontal. Some
studies compared different corrugation angles (Tribbe and Müller-Steinhagen, 2001; Grabenstein
et al., 2017). In most studies, the inlet region of the heat exchanger plate was kept in place (Asano
et al., 2004; Nilpueng and Wongwises, 2010; Tribbe and Müller-Steinhagen, 2001; Vlasogiannis et
al., 2002). Grabenstein et al. (2017) replaced it by a special mixer design. Yang et al. (2015)
changed the location of the gas injector in the inlet region. For some cases, intermittent two-phase
flow was reported to occur already in the inlet pipe before the two-phase flow entered the crosscorrugated channel. Thus, the visualized flow patterns were greatly influenced by the inlet
conditions (Vlasogiannis, et al. 2002; Asano et al., 2004).
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2. LAYOUT OF THE EXPERIMENT
2.1.

The Cross-Corrugated Single Channel

The cross-corrugated single channel consists of two transparent polycarbonate plates. A sinusoidal
corrugation profile was micro-milled into both plates. The geometric properties of the plates are
listed in Table 1. Photographs of both plates are shown in Fig. 1.
Table 1. Geometric properties of the single channel

Corrugation angle (as to flow
direction)
Corrugation depth
Peak-to-peak amplitude

Wave number (wave length/ period)

75°

Channel length

1.2 mm Channel width
Hydraulic diameter (acc. Martin,
2.4 mm
2010)
9 mm Thickness of transparent plate

326.1 mm
278.2 mm
4.17 mm
20 mm

Figure 1: Transparent corrugated plates: tabs marked as liquid (L) and gas (G) inlet / outlet, and for
differential (D) and gauge pressure (P) measurement. Crossed: tab closed (damaged / redundant)
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Figure 2: Cross-section of separate gas and liquid inlet nozzles of the single channel

The main objective of the channel design is to obtain a uniform gas-liquid distribution across the
channel width. Therefore, both gas and liquid phase are injected separately into the single channel
via 8 nozzles. As shown in Fig. 2, each gas jet is facing a liquid jet and vice versa to facilitate
intense mixing of the phases. Each jet is located in a wave trough between two wave-crest contact
points where both plates touch. However, for gas superficial velocities above 0.3 m/s, the gas has
to be injected via T-junctions into the 8 inlet tubes of the liquid phase because of the high pressure
drop in the gas jets. This has no negative effect on the gas-liquid distribution.
On both sides of the single channel, pressure chambers are built from additional transparent plates
and space holders of Viton sealing (thickness 5 mm), see Fig. 2. They are filled with compressed
air of 4 bar(g) to prevent the single channel from deformation.
Orthogonally to the flow direction, pressure taps are inserted for gauge pressure and differential
pressure measurements. Presuming linear pressure drop across the channel length, the mean
gauge pressure is measured in the middle of the channel length.
A digital camera with high resolution (36 MP) is used to make photographs of the whole single
channel which is evenly illuminated by flat-panel LEDs from the back.
2.2.

The Test Plant and Pulsating Flow

The deionized water is re-circulated by a centrifugal pump. Filtered pressurized air represents the
gas phase and is not re-circulated but separated from the liquid in a storage tank. The standard
volumetric flow rate measured is converted to absolute flow rate by means of the temperature,
measured in the outlet stream, and the absolute pressure, which is the sum of ambient pressure
and the measured gauge pressure.
In preliminary experiments, large pressure oscillations were recorded which in part influenced the
flow patterns in the cross-corrugated single channel, particularly for high gas flow. The pulsations
were attributed to intermittent flow phenomena in different parts of the test plant, for instance to
slug flow in the return tubes and to waves in the storage tank which resulted from intermittent inlet
flow and could have affected the flow rate of the pump.
While slug flow cannot be prevented entirely in the test plant, the tube orientation and diameter can
influence the onset of slugging. Wu et al. (2017) state that slug flow is unlikely to form in tubes with
diameters above 100 mm. Therefore, a long vertical part of the return pipe to the storage tank was
replaced by a tube of 100 mm diameter. Barnea (1987) reported that slugging in vertical downward
flow occurs less often compared to upward or horizontal flow in the same tube. Therefore,
unnecessary horizontal or upward tubes were eliminated from the test plant where possible. In the
storage tank, a special inlet design prevents the two-phase return flow from disturbing the water
surface. To prohibit interference between mass-flow controller and low-frequent phenomena, the
centrifugal pump is only operated at maximum power while the liquid flow is adjusted manually.
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2.3.

Uncertainty Analysis

The volumetric flowrate of water has a maximum uncertainty of 1.7%. The absolute volumetric
flowrate of air (humid) has a maximum uncertainty of 4.8%, as derived from the standard
volumetric flowrate, downstream temperature, gauge and atmospheric pressure. For the superficial
velocities, the maximum uncertainties include suspected deviations of the corrugation profiles due
to fabrication and are assumed for liquid and gas as 3.2%, and 5.5%, respectively. The
homogeneous void fraction and the centrifugal Froude number have maximum uncertainties of
4.7%, and 11.6%, respectively. All values are expanded relative uncertainties. For the sake of
brevity, only the maximum percentages are given which only emerge at low measurement values.

3. FLOW PATTERN CLASSIFICATION
The flow patterns were defined after a rough preview of all photographs without knowledge of the
corresponding superficial velocities. In order to classify the data consistently, the definitions were
documented with great detail. However, classification was difficult in some cases because the
transitions are gradual. The photographs were not re-classified after the flow pattern maps were
complete, because the training effect washed off quickly. To be consistent, re-classifying some
cases would make re-evaluation of all photographs necessary. Also, re-classification could be
biased by the expectation that boundaries between flow patterns should be clear.
3.1.

Bubbly Flow

Bubbly flow was subdivided into predominantly roundish and rather small bubbles (b), and
frequently occurring irregular blob-like bubbles (B). Examples of both types are shown in Fig. 3.
3.2.

Intermediate Flow

The transition region from bubbly to film flow expands over the biggest part of the flow pattern
maps. The intermediate flow patterns are defined to describe the different stages of transition.
Intermediate flow begins when many bubbles combine to form bigger gas units (T), while bubbles
are still predominant in the rest of the flow. The big gas units are often several corrugations long
and zigzag-shaped. In Fig. 3, the corrugations become apparent as dark shadows at the gas
phase. The big gas units are termed “Taylor-like bubbles” because – similar to Taylor bubbles in
tubes – their zigzag-shape is determined by the channel geometry, i. e. the corrugations and the
distances between the contact-points of the wave crests. The Taylor-like bubbles expand over
most of the cross-section between two rows of wave-crest contact points. Focke and Knibbe
(1986) have demonstrated that, for cross-corrugated channels with large corrugation angles, the
flow stays between those two rows of contact points. This is also true for two-phase flow, as
observed both in the presented experiments as well as in other studies (i. e. Tribbe and MüllerSteinhagen, 2001).
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Figure 3: Examples for flow patterns. b: small bubbly, B: blob-like bubbles, T: Taylor-like bubbles,
H: heterogeneous flow; P: partial film flow, F: full film flow

If more gas phase is added, the Taylor-like bubbles become bigger and longer. If their combined
area extends over about 40% of the projected area of the two-phase flow, it is classified as
heterogeneous flow (H). The large gas units start to converge and to extend behind the wave-crest
contact points. Thus, the gas units are not considered as separate entities anymore, but as small
regions of local film flow. The space around the wave-crest contact points is only filled with liquid.
Therefore, their locations are identified in the many bright secluded areas in Fig. 3.
If the local film regions extend in width and, hence, enclose several wave-crest contact points,
while some limited regions of bubbly flow are still present, it is classified as partial film flow (P).
3.3.

Film Flow

If the local film flow is predominant, it is classified as full film flow (F). However, bubbly flow in less
than about 10% of the area may still be found. Those bubbles usually are attached to the local film
regions, probably just before coalescing with or after separating from the film.
3.4.

Stagnant Gas Phase

One rare flow pattern only occurs at very low gas and liquid flow rates in vertical downward flow:
Big stagnant bubbles rest behind the wave-crest contact points while a liquid rivulet (L) slowly flows
by, now and then, carrying a few small bubbles. This is shown in the top right picture of Fig. 4.

4. CENTRIFUGAL BUOYANCY
According to the presented experiments and other research (i. e. Tribbe and Müller-Steinhagen,
2001), gas bubbles follow a corkscrew flow path in cross-corrugated channels with large
corrugation angles. The two-phase flow is “reflected” close to the wave-crest contact points – just
as single-phase flow which was investigated by Focke and Knibbe (1986).
Empirical investigations of two-phase flow in tube bends (Usui et al., 1980; Da Silva Lima and
Thome, 2012) show that the centrifugal force causes the lighter phase to be oriented towards the
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inner radius of the bend. This effect often is dominant over gravity and has been termed
“centrifugal buoyancy” by Wick and Tooby (1977).
Since the two-phase flow in the cross-corrugated channel follows a helical path, centrifugal
buoyancy constantly affects both phases. This is evident in the present experiments: In bubbly flow
(with or without Taylor-like bubbles), the gas phase concentrates in the middle of the helical path
between the wave-crest contact points. The effect is striking for all flow directions, and often seems
to dominate over gravity.

Figure 4: Effect of centrifugal vs. gravitational buoyancy on flow patterns

In order to quantify the impact of the centrifugal force compared to gravity, the centrifugal Froude
number is defined in Eq. (1). It contains the gravity g, the radius R and the homogeneous twophase velocity, defined as the sum of liquid and gas superficial velocity in Eq. (2).
2

Frc = c2 ph ( R g ) −1
c2 ph = cS ,liq + cS , gas

Eq. (1)
Eq. (2)

The characteristic radius R in Eq. (1) is constant for a given corrugation geometry and is set as half
of the peak-to-peak amplitude, i. e. the corrugation depth given in Table 1. This radius has a
greater impact on centrifugal force than, for example, the distance between the wave-crest contact
points which rather affects the length of the flow path before the flow is coerced to change its
direction again circumventing another corrugation.
The centrifugal Froude number given in Eq. (1) is derived from the ratio of centrifugal to
gravitational buoyancy. According to Wick and Tooby (1977), the resultant force on a gas bubble in
radial direction is given in Eq. (3), where V is the bubble volume and Ω the angular velocity. The
sign of the force becomes negative for bubbles driving them to the pivot point. Since the bubbles
are parts of a swarm, the mean density ρm of the two-phase flow has to be inserted to represent
the surrounding fluid. The resultant force in vertical upward direction is given in Eq. (4). The ratio of
radial to vertical force yields the centrifugal Froude number as given in Eq. (1), if the angular
velocity in Eq. (5) is calculated with the homogeneous two-phase velocity given in Eq. (2).

Frad = V ( ρ gas − ρ m ) Ω2 R

Eq. (3)

Fup = V ( ρ m − ρ gas ) g

Eq. (4)
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2

Frad / Fup = Ω2 R g −1 = c2 ph ( R g )−1

Eq. (5)

The impact of centrifugal buoyancy on flow patterns is illustrated in Fig. 4. Photographs of twophase flow with equal superficial velocities are compared with respect to different directions of flow.
If the corresponding Froude number is low the buoyancy and, thus, the flow direction has a
significant effect on flow patterns. If the Froude number is high, the direction of flow has no impact.

5. FLOW PATTERN MAPS
5.1.

Empirical and Theoretical Boundaries

The results of flow pattern analysis are depicted as flow pattern maps in Fig. 5, presenting each
flow direction separately as well as combining all flow directions. The abscissa and ordinate are the
gas and liquid superficial velocities, respectively. Contour lines of the centrifugal Froude number
and the homogeneous void fraction are also plotted in the flow pattern maps. Since the
homogeneous model disregards slip, the homogeneous void fraction is given as:

α hom = cS , gas / (cS , gas + cS ,liq )

Eq. (6)

The empirical flow pattern boundaries, as derived only from horizontal flow, are drawn as thick grey
lines in all diagrams of Fig. 5. Each letter represents a point of measurement classified as one of
the flow patterns described in section 3. Examples of the flow patterns are shown in Fig. 3 and 4.
For some regions in the diagrams of Fig. 5, different flow patterns were identified for similar
superficial velocities of the same flow direction. There, smooth transitions from one flow pattern to
another took place which made it difficult to classify the photographs clearly as one type or
another. Consequently, the boundary lines are thickened there to indicate the gradual transition.
Strikingly, the flow pattern classification yields very similar results for all flow directions. This is
attributed to the centrifugal force which dominates over buoyancy in many cases. Only for low
centrifugal Froude numbers, the flow patterns are more likely to differ with respect to flow direction.
This is particularly true for Froude numbers below 2, whereas Froude numbers above 10 indicate
that flow patterns are definitely independent of flow direction.
Theoretical boundaries are stated by Barnea (1987) for two-phase tube flow: If the gas phase is
evenly distributed across the tube cross-section, agglomeration of bubbles is prevented by their
distance to each other. Therefore, Barnea assumes dispersed bubbly flow in tubes at void fractions
below 0.25, and beginning of Taylor-bubble and liquid-slug formation between 0.25 and 0.52,
depending on the turbulent fluctuations. According to Barnea (1987), Taylor bubbles definitely form
at void fractions above 0.52 because the maximum packing of bubbles is exceeded.
Both of the theoretical boundaries of Barnea (1987) are confirmed for all flow directions by the
results in Fig. 5: If the homogeneous void fraction is less than 0.25, only bubbly flow (b, B) is
observed. Between 0.25 and 0.52, both bubbly flow (B) and Taylor-like bubbles (T) are found. Void
fractions above 0.52 rule out bubbly flow.
An additional empirical finding with respect to homogeneous void fraction is derived from Fig. 5:
The contour lines for the void fractions of 0.7, 0.89 and 0.95 roughly agree with the transitions to
heterogeneous flow (H), partial film flow (P), and full film flow (F), respectively.
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Figure 5: Flow pattern maps – boundaries (thick grey lines) derived from horizontal flow

5.2.

The Absence of Slug Flow

In contrast to other studies (Tribbe and Müller-Steinhagen, 2001; Nilpueng and Wongwises, 2010;
Vlasogiannis et al., 2002), slug flow was not observed in the presented experiments. They describe
slug flow as periodically changing gas-liquid proportion across the whole channel width, i. e. pure
or bubbly liquid slugs alternating with large sections of film flow. Since the mentioned studies had
tube inlets, the phenomenon can be attributed to intermittent flow in the inlet tube, as also
suggested by Vlasogiannis et al. (2002). Grabenstein et al. (2017) installed a mixing section at the
entrance of their herringbone-corrugated channel, but also report slug flow. However, intermittent
flow responsible for slugging could have been induced by various phenomena in their mixer or the
testing facility. This was also encountered in the preliminary experiments to this study, but was
reduced to a great extent.
None of the named studies explained why slug flow should occur in a cross-corrugated channel. In
slugging pipe flow, the Taylor bubbles are formed by coalescing bubbles which change speed with
increasing size and, thus, agglomerate quickly. Therefore, slug flow only emerges after a certain
entrance length (Barnea, 1987). Pressure oscillations occur when the liquid slugs between the
Taylor bubbles collapse. In cross-corrugated channels, however, bubbles cannot accelerate in the
same manner because of their helical flow path, as described in section 4. Pressure does not
oscillate if the liquid barriers between Taylor-like bubbles are destroyed because they do not
expand over the whole channel cross-section. Consequently, so-called slug flow in plate heat
exchangers is attributed to periodic changes of gas-liquid distribution in the inlet tube. Pressure
oscillations correspond either to slugging in the inlet or to intermittent phenomena in other parts of
the testing facility which also can mutually reinforce each other.
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6. CONCLUSIONS
Flow patterns maps are derived for a cross-corrugated channel with uniform gas liquid distribution
which is achieved by separate injection of the phases. The variation of flow direction does not
affect the flow pattern map in most cases. This is attributed to the centrifugal force which is found
to dominate over buoyancy, as quantified by the centrifugal Froude number. Theoretical flow
pattern boundaries from the literature, based on homogeneous void fraction, are confirmed by the
experiments. In contrast to other studies, slug flow is not observed in the experiments. These
findings are attributed to the uniform and steady gas-liquid distribution in the inlet region.
In most plate heat exchanger inlets, however, bubble coalescence, phase separation and periodic
changes to the gas-liquid proportion may occur. This maldistribution is responsible for pulsating
flow, similar to slug flow in tubes. Also, it influences flow patterns if the flow direction is changed.
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ABSTRACT
A simulation tool for fixed-bed adsorption household refrigerators, consisting of an evaporator, two
adsorption chambers and a condenser, is introduced. The objectives are to calibrate the simulation
tool and to identify an optimal adsorber depth.
The fixed-bed adsorbers are cooled by ambient air. The desorption is carried out by hot water
flowing through pipes located within the bed. Water is used as refrigerant and silica gel as
adsorbent.
One measurement is used to set initial and boundary conditions for the simulation and to adapt the
simulation to the measurement results. The simulation results are compared to those of the
measurement and they highly comply with each other.
An essential parameter is the refrigeration compartment temperature which can be simulated with
a maximum difference of 1 K. Thus, this simulation tool is the basis to determine an optimal
adsorber depth.
Keywords: Air-Cooled Adsorption, Fixed-Bed Adsorber, Simulation, Calibration, Refrigerator.

1. INTRODUCTION
Until 2030 the world-wide demand of energy will increase by 60% (Rouhani et al., 2016).
Adsorption cooling is a promising alternative to conventional cooling methods by using waste heat,
because adsorption works comparatively at low temperatures (Kühn et al., 2018). One possible
application is a household refrigerator. According to cost-efficiency it is appropriate to use aircooled fixed-bed adsorbers to save additional expenses for a cooler and piping. It is beneficial to
describe the processes of the adsorption refrigerator mathematically to improve design parameters
and thus, achieve a high energy efficiency.
In the paper at hand a simulation tool for an adsorption household refrigerator, operating as twochamber system, is introduced. For every component the governing thermodynamic, heat and
mass transfer equations are solved and coupled to each other. It is then calibrated by using a
reference measurement. The objective is to estimate how many pipes are required to regenerate
the fixed-bed adsorbers efficiently.

2. THE SIMULATION TOOL
The simulation tool is divided into four parts, one for each main component of the system: two
adsorbers, the evaporator and the condenser. Fig. 1 shows a schematic of the adsorption
refrigerator with the four parts of the simulation tool and the governing heat and mass flows. The
sections 2.1 to 2.4 deal with the mathematical description of the governing energy and mass
transport processes in each part referring to Fig. 1. The coupling of the mathematical equations is
introduced in section 2.5. Water is used as the refrigerant and silica gel as adsorbent.
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Figure 1: Schematic of the simulation tool of the adsorption refrigerator divided in four parts

On the right side of Fig. 1 the detailed model for one adsorber operated in adsorption phase is
shown. During adsorption there is a forced air flow caused by fans (blue enthalpy flows) and a
generated adsorption heat source h!"# (z, t). The grey marked arrows and enthalpy flows mean that
they are not active. Part II has the same structure as Part I with the difference that this adsorber is
operated in desorption. Thus, the enthalpy flows with the index hw, conv and des are active and
those with the index air, conv and ads  are inactive. After adsorption adsorber 1 has to be heated up
before desorption can start. When desorption is finished the chamber is cooled down and
adsorption can start again. The two-chamber system is operated alternating so that each adsorber
passes through the adsorption process, while the other is heated up, regenerated (desorption) and
cooled down again.
Fig. 2 shows the setup of one adsorber operated in the four phases adsorption, heating up,
desorption and cooling down.

Figure 2: Setup of one adsorber shown in the operation of
adsorption, heat up, desorption and cool down
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2.1.

Adsorber – Part I (Adsorption and Cool Down)

The adsorbers are cuboid chambers filled with spheres of silica gel. The generated heat of
adsorption is dissipated through the adsorber walls to a forced air flow caused by fans in an air
duct. Thus, the air heats up along the flow direction in the air duct. Therefore, the adsorber model
is resolved locally in z-direction (Fig. 1). The adsorber model is subdivided into three subsystems
(index hw, fb and air). Within each subsystem differential energy equations in the reference
volumes ∂V! are solved by finite differences.
During adsorption, the adsorbent loading X follows the equilibrium loading X !" which depends on
the pressure of the evaporator p!"#$ and the temperature of the fixed-bed in the adsorber T!" z, t .
This process generates an adsorption water mass flow γ!"# (z, t) (Fig. 1) in each differential volume
∂V!" which is described by a Linear-Driving-Force model (Schönbucher, 2002).
γ!"# z, t = ρ!"

∂X(z, t)
15D!""
= ρ!"
X !" p!"#$ t , T!" z, t
r!
∂t

Eq. (1)

− X z, t

γ!"# is the generated adsorption mass flow within the differential volume ∂V!" , ρ!" the apparent
density of the adsorbent, D!"" a summarized diffusion coefficient containing all mass transfer
constraints (Schönbucher, 2002) and r the radius of the spheres. The equilibrium data for X !" are
taken from Schawe (Schawe, 1999). To reduce calculation time the pressure drop from evaporator
to adsorber is not considered in the simulation (p!"#$ = p!" ).  
The following equations Eqs. (2) to (6) describe the energy transport during the adsorption process
for the three subsystems hot water (index hw), fixed-bed (index fb) and air (index air). These
equations exemplary apply to the red dash-marked differential system boundaries in Fig. 1.
∂C!"
∂C!"

∂T!" z, t
= q !" z, t + h!"# z, t − q !"# z, t ∂Vfb
∂t

Eq. (2)

u! a!,!" T!" z, t − T!" z, t + 1 − ε γ!"# z, t Δh!" X z, t
∂T!" z, t
=
∂t
u!"# a!",!"# T!" z, t − T!"# z, t
∂C!"

∂T!" z, t
= −q !" (z, t) ∂V!" = −u! a! T!" z, t − T!" z, t
∂t

−

∂V!"

∂V!"

0 = q !"# z, t + h!"#,!"#$ z, t − h!"#,!"#$ z − ∂z, t − q !"## z, t ∂V!"#
0 = u!"# a!"#,!" T!" z, t − T!"# z, t

− ρ!"# c!,!"# w!"#

∂T!"# z, t
− u!"##,!"# a!"# T!"# z, t − T!"# z, t
∂z

Eq. (3)

Eq. (4)
Eq. (5)
Eq. (6)

∂C! always defines a heat capacity (J×K-1) which is the product of the specific heat capacity, the
density and the considered volume ∂V! . The index fb contains the volume fractions of silica gel and
the metal of the pipes and chamber whereas the index hw only consists of the hot water volume.
The parameters C!" and C!" have a constant value for all differential reference volumes  ∂V!" and
∂V!" . The first term on the right side of Eq. (3) defines the heat flow from the hot water to the fixedbed with the thermal transmittance u! . The hot water temperature T!" is described with an extra
equation Eq. (4). The second term of Eq. (3) describes the heat source due to the adsorption
process. Δh!" is the adsorption enthalpy depending on the current loading X (Schnabel, 2009) and
ε is the voids fraction of the fixed-bed. The third term in Eq. (3) represents the heat flow from the
fixed-bed to the air using the thermal transmittance u!"# , including the heat conductivity of the
fixed-bed, the heat transfer from the fixed-bed to the wall of the chamber, the heat conductivity of
the wall and the heat transfer from the wall to the cooling air in the air duct. a!",! , a! and a!",!"# are
constant volume-specific areas. Each is related to the differential volume ∂V which is first in the
index of a.
Further theoretical investigations have shown that steady-state equations are sufficient to describe
the energy transport of the air flow, Eq. (5) and (6). The first term on the right side in Eq. (6) is the
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third term on the right side of Eq. (3) with another volume-specific area a !"#,!" . The second term in
Eq. (6) represents the convective heat transfer due to the forced air flow in the air duct with the
constant velocity w!"# . The third term is the heat loss from the air flow to the ambient air with the
thermal transmittance u!"##,!"# , including the heat transfer from the air flow to the air duct wall, the
heat conductivity of the air duct wall and the heat transfer from the wall to the ambient air. Within
the calibration the ambient temperature T!"# is a function of the measurement time. The inlet
temperature of the cooling air flow equals the ambient temperature (T!"# z = H, t = T!"# ).
2.2.

Adsorber – Part II (Desorption and Heat Up)

During desorption, heat is provided to the adsorber through hot water pipes and the adsorbent is
regenerated. The heat input leads to a lower equilibrium loading X !" and thus a desorption water
vapor mass flow γ!"# (z, t) is generated (Fig. 2). Eq. (1) applies also for the desorption, but the
pressure of the condenser p!"#$ has to be used to calculate the equilibrium loading. The value for
the water vapor flow γ!"# becomes negative, because the water is desorbed from the adsorbent.
The energy equations Eq. (2) and (3) are also the same for desorption. The equation for the hot
water temperature T!" changes because of a forced water flow within the pipes (Eq. (7) and (8)).
∂T!" z, t
= h!",!"#$ z − ∂z, t − h!",!"#$ z, t − q !" z, t ∂V!"
∂t
∂T!" z, t
∂T!" z, t
𝜕C!"
= ρ!" c!,!" w!"
− u! a! T!" z, t − T!" z, t ∂V!"
∂t
∂z
∂C!"

Eq. (7)
Eq. (8)

The inlet temperature of the water during heat up and desorption T!" z = 0, t is within the
calibration a function of the measurement time. There is no forced air flow on the wall of the
adsorbers during desorption. This fact leads to a negligence of the enthalpy flow h!"#,!"#$ (z, t) and
h!"#,!"#$ (z − ∂z, t) in Eq. (5) and (6) for desorption, but the heat loss q !"## (z, t) persists. The thermal
transmittance within the heat loss during desorption and heat up changes to u!"##,!"# .
2.3.

Evaporator – Part III

The third part of the simulation tool contains two subsystems. In contrast to the local differentially
resolved adsorber model, these subsystems are considered as a lumped model. Eqs. (9) and (10)
define the energy equation for the evaporator with a plate design (index evap  ) whereas Eq. (11)
represents the energy transport within the refrigeration compartment (index comp).
C!"#$
C!"#$
C!"#$

∂T!"#$ t
∂t

∂T!"#$ t
∂t

Eq. (9)

= q !"#$ t − h!"#$ t V!"#$

= u!"#$ a!",!" T!"#$ t − T!"#$ t

∂T!"#$ t
= u!"#$ a!"#$ T!"# − T!"#$ t
∂t

− Γ!"#$ t Δh!" T!"#$ t

V!"#$

− u!"#$ a!",!" T!"#$ t − T!"#$ t

V!"#$

Eq. (10)
Eq. (11)

The volumetric heat capacity C!"#$ consists of the volume fractions of liquid and gaseous water
within the evaporator. The first term in Eq. (10) on the right side defines the heat input from the
refrigeration compartment to the evaporator, with the heat transfer coefficient u!"#$ and the specific
surface a!"#$ . The temperature T!"#$ (t) results from an additional equation Eq. (11) using the heat
capacity C!"#$ which contains the volume fractions of metal and air located in this refrigeration
compartment. The second term of Eq. (10) represents a heat sink due to evaporation of water with
the evaporation rate Γ!"#$ (t). It is assumed that the water vapor is in equilibrium and thus, the
calculated pressure p!"#$ (t) is the saturation vapor pressure.
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2.4.

Condenser – Part IV

The energy equation for the condenser is analogous to Eq. (9) and (10) for the evaporator. The
heat capacity C!"#$ consists of the volume fractions of liquid and gaseous water inside of the
condenser and the fraction of metal. The heat enthalpy flow h!"#$ (t) is a heat source due to
condensation process with the condensation rate Γ!"#$ (t) (see fig. 1). The condenser is cooled
down with the ambient heat flow q !,!"# (z, t) consisting of the heat transfer coefficient u!"#$ and the
specific area   a!"#$ . It is assumed that the water vapor is in equilibrium and thus, the pressure
p!"#$ (t) is calculated by a saturation vapor pressure equation.
2.5.

Coupling of the components

In the process the adsorbing adsorber is connected to the evaporator and the desorbing adsorber
is connected to the condenser. The coupling condition is expressed by the assumption that the
water which is adsorbed in the adsorber is instantaneously evaporated in the evaporator.
Consequently, the local integrated adsorption mass flows γ!"# z, t in every volume ∂V!" (see Eq.
(1)) equal Γ!"#$ t and the vapor mass flow Γ!"# t from the evaporator to the adsorber. This
condition is defined analogously between adsorber and condenser in the desorption process.
!!!

    
!!!

!!!

γ!"# z, t 𝜕𝑧 = Γ!"#$ t = Γ!"# t                     

!!!

γ!"# z, t 𝜕𝑧 = Γ!"#$ t = Γ!"# t

Eq. (12) and (13)

The recirculation from the condenser to the evaporator is adapted with the help of a condensate
storage so that during one cycle the mass of liquid refrigerant in each component is constant.

3. CALIBRATION
To improve consistency between simulation and measurements a calibration of the simulation to
measurement results is performed to evaluate the real heat transfer coefficients u! of the system.
To do so a measurement of one periodical steady process cycle is used.
The operation conditions are shown in table 1 and the results of the calibrated thermal
transmittances u! are listed in Table 2. The boundary conditions which incorporate in the simulation
tool are the ambient temperature  T!"# , the hot water inlet temperature T!",!" (z = 0) while heat up
and desorption, the hot water and air flow velocity w!" and w!"# and the operation times for
adsorption, heat up, desorption and cool down of the adsorbers (t !"# , t !"#$ , t !"# , t !""# ). T!"# and
T!",!" (z = 0)   are functions of time in the measurement and thus, also in the simulation. The initial
conditions are taken from the same measurement at the beginning of adsorption of adsorber 1.
Table 1. Boundary and initial conditions for the calibration of the simulation tool

Name
Ambient temperature
Hot water inlet temperature
(heat up and desorption)
Air flow velocity
(cool down and adsorption)
Hot water flow velocity
(heat up and desorption)
Operation times
Initial pressure
condenser/evaporator
Initial temperature
fixed-bed 1/fixed-bed 2
Initial temperature air
adsorber 1/adsorber 2
Initial temperature
hot water adsorber 1/adsorber 2

Symbol

Unit

T!"#

Value
T!"#,! (t) ≈ 298.15

T!",!" (z = 0)

T!",!,!" (t) ≈ 333.15

K

w!"#

1

m×s-1

w!"

0.1

m×s-1

t !"# /t !"#$ /t !"# /t !""#

120/5/90/25

min

p!"#$,! /p!"#$,!

32.7/10.9

mbar

T!"#,! /T!"#,!

303/318.4

K

T!"#$,! /T!"#$,!

T!"#,! (t = 0)

K

T!"#,! /T!"#,!

303/  T!",!,!" (t = 0)

K
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4. RESULTS
Within the calibration significant pressure curves of the simulation are fitted to those of the
measurement. In addition, the refrigeration compartment temperature ϑ!"#$ is compared between
simulation and measurement. This temperature is an essential parameter that should be reliably
predicted by the simulation for different operation parameters.
The following Fig. 3 shows temporal curves of the pressures of the evaporator   p!"#$ , of the
condenser p!"#$ and of adsorber 1 p!"# and of the refrigeration comp temperature ϑ!"#$ for
simulation (index sim) and measurement (index m) during one steady cycle.

Figure 3: Curves over time of the pressures 𝒑𝒆𝒗𝒂𝒑 ,  𝒑𝒄𝒐𝒏𝒅 and 𝒑𝒇𝒃𝟏 and of the refrigeration
compartment temperature 𝝑𝒄𝒐𝒎𝒑 for simulation (sim ) and measurement (m )

Qualitatively the curves for simulation and measurement agree to each other. The measurement
uncertainty of the pressure is ± 0.25 mbar and for the temperature curve ± 1 K and are not shown
in the figure. The slight waves in the curves of p!"#$,! , p!"#$,!"# , p!"#,! and p!"#,!"# are due to
temporal fluctuations of the measured ambient temperature T!"#,! (t).
The curve for p!"#$,!"# agrees best with the measurement during the adsorption of adsorber 2
(hours 4 – 8) with an average deviation of 3.4 % whereas during adsorption of adsorber 1 the
deviation is 16.3 % (hours 0 – 4). Adsorber 1 copes with a larger pressure interval (10.9 mbar at
hour 0 to 6.9 mbar at hour 2) during adsorption than adsorber 2 (8.2 mbar at hour 4 to 6.1 mbar at
hour 6). This means that adsorber 1 seems to have a higher adsorption capacity, which the
simulation considers by a higher mass of adsorbent. In general, the comparison between these
curves illustrates that the equilibrium water vapor approach (end of section 2.3) is useful for the
evaporator model.
The condenser pressure p!"#$,!"# agrees best with p!"#$,! during desorption of adsorber 2, with an
average deviation of 2.8 %. While desorption of adsorber 1 this value constitutes 6.3 %. It should
be stated that the condenser pressure level for desorption of adsorber 1 is also slightly higher than
with adsorber 2, due to the fact that adsorber 1 has a higher adsorption capacity. Analogous to the
evaporator, the equilibrium water vapor approach is also useful for the condenser. During
desorption there is a higher pressure drop between adsorber and condenser than during
adsorption between evaporator and adsorber. This effect is not considered in the simulation but will
not lead to significant deviation between simulation and measurement, at least for the adsorption
process, where the average pressure drop is below 0.2 mbar. The average deviation of the fixedbed pressure p!"#,!"# and p!"#,! is 15.2 %.
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The refrigeration compartment temperature ϑ!"#$ shows a very good agreement between
simulation and measurement. Relating to the pressure curves, this curve has no distinctive periodic
development over time, thus it is nearly steady-state. The average difference between
measurement and simulation within the considered cycle is below 0.5 K.
The heat transfer coefficients u! resulting from the calibration and the underlying specific areas a !
and volumes V! are listed in Table 2.
Table 2. Calibrated heat transfer coefficients (𝐮𝐢 ), specific surfaces (𝐚𝐢 ) and system volumes (𝐕𝐢 )

Thermal
transmittance
[W×m-2×K-1]
Symbol
Value

Value
883.7
39.6
299.4
131.3
299.4
131.3

Symbol

Value

V!

1.7

V!"

37.7

a!"#

131.3

V!"#

86

1.5

a!",!"
a!",!"

250
7.1

V!"#$

7.1

2.05

a!"#$

4.8

V!"#$

250

5

a!"#$

2302.1

V!"#$

1.8

u!

30

Fixed-bed – air flow
(adsorption and cool down)

u!"#

6.3

Fixed-bed – air
(desorption and heat up)

u!"#

Ambient air – condenser

u!"#$

Volume
[m³×10-3]

Symbol
a!
a!,!"
a!",!"#
a!"#,!"
a!",!"#
a!"#,!"

Hot water pipes – fixed-bed

Air flow – ambient air
u!"##,!"#
(adsorption and cool down)
Air – ambient air
u!"##,!"#
(desorption and heat up)
Refrigeration compartment – u
!"#$
evaporator
Ambient air –
u!"#$
refrigeration compartment

Specific area
[m-1]

1.9
2.1
1.2

Once the simulation tool is calibrated by one measurement, it is essential to prove its reliability with
the parameter set of table 2 at changing operation parameters. Therefore, the hot water inlet
temperature ϑ!" (z = 0) as well as the operation times for adsorption, heat up, desorption and cool
down (t !"# /t !"#$ /t !"# /t !""# = 160/7/83/70 min) were changed. Fig. 4 shows the results for the
average refrigeration compartment temperature ϑ!"#$ of measurement and simulation for steady
cycles at different hot water inlet temperature ϑ!" (z = 0).

Figure 4: Comparison of average refrigeration compartment temperature 𝝑𝒄𝒐𝒎𝒑 in dependency of hot
water inlet temperature 𝝑𝒉𝒘 (𝒛 = 𝟎) between measurement and simulation
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The simulation results represent the measurement results good with an increasing offset with
increasing hot water inlet temperature ϑ!" (z = 0). In any case, the simulation calculates a lower
refrigeration compartment temperature ϑ!"#$ than the measured one. This difference is biggest
with 1 K at a hot water inlet temperature of 84.5 °C.
The parameter set of Table 2 is used to improve design parameters such as the adsorber depth d
(see Fig. 2). On the one hand, a higher depth leads to more mass of adsorbent, which is beneficial
for generating cooling power. On the other hand, the thermal resistance of the fixed-bed is
increasing with increasing adsorber depth. This has a negative effect on the efficiency. At an
adsorber height of 0.8 m and an adsorption time of 160 min there is an optimal value for the
adsorber depth regarding to the coefficient of performance of 0.012 m.

ACKNOWLEDGEMENTS
We hereby thank the Federal Ministry for Economic Affairs and Energy (BMWi) and Projektträger
Jülich GmbH for the funding of the research project with the funding number AHA FKZ 03ET1412.
We also thank our project partner InvenSor GmbH for their contribution to this research project.

NOMENCLATURE
Symbol
s
a  
C  
D  
d  
p  
q  
r  
T  
t  
u  
V  
w  
X  
z  
Γ  
γ  
ϑ
ρ

Indices
specific surface (m-1)
heat capacity (J×K-1)
diffusion coefficient (m×s-2)
adsorber depth (m)
pressure (mbar)
specific heat flow (W×m-3)
radius (m)
temperature (K)
time (min)
thermal transmittance (W×m-2×K-1)
volume (m³)
velocity (m×s-1)
load of adsorbent (g×g-1)
local coordinate (m)
specific mass flow (kg×s-1×m-3)
specific adsorption mass flow (kg×s-1×m-3)
temperature (°C)
density (kg×m-3)

1,  2  
Ad  
ads  
amb  
c  
co,  comp  
cond  
conv  
des  
eff  
eq  
ev,  evap  
fb  
hw  
m  
p
sim  
  

adsorber 1, 2
adsorbent
adsorption
ambient air
condensation
refrigeration compartment
condenser
convective
desorption
effective
equilibrium
evaporator
fixed-bed
hot water
measurement
pipes
simulation
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ABSTRACT
The progressive electrification of the energy supply in airplanes leads to an increasing demand for
innovative cooling technologies. Due to high efficiency and low weight two-phase natural circulation
cooling systems provide high potential for this application.
Integration of latent heat storages in such systems using paraffin as phase change material (PCM)
is investigated experimentally. The HFO refrigerant R1233zd is used to reach a vaporization
temperature in steady-state of 60 °C with a heat load of 700 W (heat flux density: 12,5 W/cm²) and
a heat sink temperature of 40 °C (evaporation heat-transfer-coefficient: 6290 W/m²K).
Parameter studies show a strong dependency of the mass flow rate on the heat load and a linear
relation between the heat load and recooling temperature with the temperature of the component to
be cooled.
In this application PCM is used to dampen heat-load peaks and to compensate lower cooling
performances e.g. in disadvantageous flight situations.
Keywords: aircraft, latent heat, low GWP, paraffin, passive cooling, phase-change material,
R1233zd(E), two-phase flow

1. INTRODUCTION
In the past years, an increasing number of pneumatic, hydraulic and mechanical systems are
replaced by electrical systems in civil aircraft. This concept of a “More Electric Aircraft” (MEA) should
lead to a more effective and thus cost-saving energy supply (Wheeler et al., 2012). In comparison to
the conventional concept, besides the provision of the thrust, the engine is only used to drive electric
generators. As a result, an electrical output of more than 500 kVA per engine can be expected for
future on-board power supplies (Abu-Rub et al., 2014).
This results in an increasing number of power electronics to handle the additional effort in control.
Depending on the type and dimension of the electric generators and consumers, electronics of
different shape and power are used in the distribution system (Abu-Rub et al., 2014). The cooling of
such power electronics is currently usually done with air which is conditioned by the air conditioning
system accordingly (Chen et al., 2012). With the rising number of modules and the increasing power
density, pure air cooling is reaching its limits, so liquid or two-phase cooling systems are becoming
the focus of current research. In natural circulation or looped thermosiphon systems, the refrigerant
circulates only due to the difference in density between riser and downcomer and the weight, as the
crucial parameter, can be additionally reduced. Lohse and Schmitz (2010) were able to demonstrate
the suitability of such systems in the aviation sector.
Another option for improved cooling of power electronics exposed to dynamic conditions is the
application of phase change materials (PCM). Deployed in a latent heat storage (LHS) these can be
used separately or integrated into cooling cycles. In the latter case, load peaks can be compensated
by the buffer storage and the cooling system can be downgraded and the weight reduced.
A test rig was developed to perform parameter studies of a natural circulation cooling system in
steady-state and investigate the behavior under dynamic conditions that occur in aircraft
applications. In addition, the thermal performance is compared to a system with a supplemented
latent heat storage placed on the evaporator assembly.
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Figure 1: Schematic of the test rig

2. EXPERIMENTAL SETUP
2.1.

Test rig

Fig. 1 shows a schematic of the test rig. The focus is on comprehensively measuring the
temperatures and pressures at the PCM-evaporator-composite as well as the essential loop
parameters, without significantly interfering with the operation of the cooling system. Basically the
cycle consists of an evaporator, a riser, a plate heat exchanger as condenser and a downcomer.
Transparent tubes are used as riser and downcomer to observe the flow regimes. To carry out tests
for the integration of a refrigerant pump into the cooling cycle later in the project, a gear pump is
connected in bypass. The remaining components are used for measurement and to fill and empty
the system. The entire cycle can be tilted about two axes to simulate different flight situations.
The evaporator assembly shown in Fig. 2 is composed of a heating block with four cartridges (hidden
by the isolation), the evaporator with sight glass (a) or PCM storage (b) and a bracing device for
setting a uniform contact pressure. The evaporator consists of five parallel refrigerant pipes with a
respective cross-sectional area of 18.28 mm², a total surface of 56.03 cm² and is made of aluminum.
Several temperature measurement points are placed near the evaporator surface and in the heating
block. The latent heat storage is composed of a housing with fins as thermal conductivity enhancer
and a paraffin with a melting temperature of 70 °C and a latent heat of about 230 kJ/kg. The total
weight is 492 g with a PCM mass fraction of 24,4 % resulting in a storage capacity of 36,2 kJ within
a temperature range of 15 K around the melting point.
For the natural circulation, the low-GWP refrigerant R1233zd(E) is used, the essential properties are
listed in Table 1. The condenser is recooled by a water propylene glycol cycle. The slightly subcooled
refrigerant enters the evaporator from below. Here it is preheated by the heat supply of the heating
block and partially evaporated. Subsequently the two-phase mixture passes the riser and enters the
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condenser at the top, where it is condensed again and cooled down to the recooling temperature.
The ambient temperature is 20 °C during all tests.
Table 1. Properties of R1233zd(E) at room temperature (20 °C) and operating temperature (60 °C)

Temperature in °C

a)

Property
Vapor pressure in bar

20

60

1.08

3.90

Enthalpy of vaporisation in kJ/kg

194.5

171.5

Density (liquid) in kg/m³

1275

1173

Specific heat capacity (liquid) in J/kg K

1239

1291

b)
Figure 2: Evaporator assembly with sight glass (a) and PCM storage (b)

3. PARAMETER STUDIES
In this section, results of parameter studies are presented and discussed. In each case, a steadystate is considered and the measurements are recorded every second for a period of 5 minutes, the
values are then averaged over time. Besides the varied parameters, the following boundary
conditions are implemented:


Height difference between evaporator outlet and condenser inlet: 100 cm



Condenser inclined at an angle of 45° to the cycle



Refrigerant charge: 700 g (complete filling of the downcomer with liquid in operation)

The operating condition in steady state for given geometric boundary conditions is determined by
the refrigerant pressure and the current heat load. Due to the lack of a pump or compressor, the
pressure varies only slightly within the cooling cycle and is therefore determined mainly by the
saturation pressure in the condenser and thus by the recooling temperature. The mass flow rate
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Figure 3: Mass flow rate as a function of the heat flow at different recooling temperatures

finally results from the momentum balance of the driving difference in pressure between the riser
and the downcomer and the pressure losses in the loop. Fig. 3 shows the mass flow rate over the
heating power for different recooling temperatures. It can be seen that the mass flow rate reaches a
maximum after a significant increase in the lower heat load range and remains almost constant with
further increasing power. The exact influences of the heat load and recooling temperature on the
resulting mass flow rate can be explained based on the momentum balance, which is composed of
the pressure differences due to friction (in all parts of the system), acceleration/deceleration (in the
evaporator and condenser) and gravitation (in all pipes with height difference):
∆𝑝tot = ∆𝑝fric + ∆𝑝mom + ∆𝑝grav

Eq. (1)

The driving pressure difference results from the difference in density between riser and downcomer
∆𝑝drive = (𝜌Downcomer − 𝜌Riser ) ∙ 𝑔 ∙ ∆ℎ
= (𝜌l − (𝜌l (1 − 𝜀) + 𝜌g ∙ 𝜀)) ∙ 𝑔 ∙ ∆ℎ

Eq. (2)
Eq. (3)

where ε is the void fraction in the riser. Since the largest pressure losses occur in the two-phase flow
in the evaporator and riser, they are considered in more detail below. In Fig. 4, the measured
pressure differences across the downcomer, riser and evaporator are plotted for two different
recooling temperatures. The gravitational part of the pressure difference across the downcomer
∆𝑝𝐷𝑜𝑤𝑛𝑐𝑜𝑚𝑒𝑟 is the positive part of ∆𝑝𝑑𝑟𝑖𝑣𝑒 , and remains almost constant for one recooling
temperature. As the power increases, the curve decreases slightly, as the mass flow rate and thus
the single-phase friction pressure losses increase in the downcomer. The pressure difference across
the riser consists of the two-phase friction pressure loss and the gravitational component. The friction
pressure loss increases with increasing steam quality and mass flow rate and thus with the power.
Simultaneously the hydrostatic pressure drops strongly due to the decreasing mean density in the
riser. Overall, this results in a decreasing total pressure difference. In the higher load range, this
effect declines as the friction losses progressively dominate. The pressure losses in the evaporator
increase according to the power, as here the friction and acceleration dominate. The overall balance
̇
∆𝑝𝑑𝑟𝑖𝑣𝑒 (𝜀) = ∆𝑝𝑙𝑜𝑠𝑠𝑒𝑠 (𝜀, 𝑚)

Eq. (4)

results in the mass flow rate curve shown in Fig. 3.
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Figure 4: Measured pressure differences across the downcomer, riser and evaporator as a
function of the heat load for recooling temperatures of 30 °C and 50 °C

The influence of the recooling temperature on the system performance can also be seen in Fig. 4.
The changes are caused by the change in the fluid properties, in particular the refrigerant pressure.
At a higher recooling temperature, on the one hand, a lower hydrostatic pressure in the downcomer
is revealed due to the reduced liquid density. On the other hand, there are differences in the twophase flow, where the higher system pressure results in a considerable increase in density of the
compressible gas phase. This additionally reduces the volumetric fraction of the gas phase. Overall,
the pressure losses due to friction and acceleration are reduced, while the gravitational component
increases. Subsequently for a higher recooling temperature of 50 °C, the pressure difference in the
evaporator is lower because friction and acceleration dominate. In the riser, the gravitational

Figure 5: Measured pressure differences across the downcomer, riser and evaporator as a
function of the heat load for recooling temperatures of 30 °C and 50 °C
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component dominates and a higher pressure difference occurs. For higher recooling temperatures,
the overall momentum balance results in slightly lower refrigerant mass flow rates in the predominant
power range, as can be seen in Fig. 3.
The influence on the electronics temperature as the main parameter of the cooling system is shown
in Fig. 5. The recooling sets the basic level of temperature in the system. The electronics temperature
then results from the individual temperature differences between the condenser and evaporator in
the loop and within the evaporator assembly. The measurements show an approximately linear
curve, in which a power increase of 100 W results in a temperature rise of about 5 K. The electronics
temperature increases by about 8 K when the recooling temperature is increased by 10 K, showing
a slight improvement in system performance.

4. DYNAMIC TESTS
In contrast to the previous results in steady-state, in this section dynamic tests are considered
supplementing the PCM latent heat storage. Besides the heat load, the same boundary conditions
as in the parameter studies are applied and the recooling temperature is set to 40 °C.
4.1.

Peak load

In the first step, the behavior of the natural circulation system for a heat load profile with a base load
of 600 W and a peak load of 1200 W shall be compared to the results adding the latent heat storage.
Replacing the sight glass made of borosilicate by the aluminum housing of the storage (see Fig. 2)
increases the effective evaporator surface by 34 %, which leads to lower electronics temperatures
for the same boundary conditions. During the tests with the LHS, the base load is therefore increased
until the mean temperature of the electronics reaches the same level which leads to a base load of
700 W and a peak load of 1300 W. Fig. 6 shows the mean and maximum temperatures on the
surface of the electronics over time with and without LHS. To evaluate the thermal performance, the
time interval until reaching a certain acceptable temperature is an appropriate criterion. After 100 s
the peak load is applied and the mean temperature reaches a value of 90 °C after another 31 s
without and after 59 s with latent heat storage. Looking at a temperature level of 95 °C, with values
for the time interval of 85 s and 759 s respectively, the difference is even higher and a representative
power electronic could be operated about nine times longer at peak load. Besides the average, also
the temperature distribution on the surface of the electronics should be considered as one of the

Figure 6: Mean and maximum electronics temperature over time without and with latent
heat storage for a peak load
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critical design parameters. It can be seen that the difference between the mean and the maximum
surface temperature is lower during the entire operation time adding the LHS. As a result, a maximum
temperature of 100 °C is reached after 22 s without LHS, whereas it takes a time of 124 s to reach
the same value in the system with PCM storage.
4.2.

Recooling failure

In a final step, the influence of a latent heat storage in case of a failing recooling system is
investigated. This case can also represent a sudden rise of the heat sink temperature, as for example
during the landing of the aircraft.
The heat load is set to 800 W and after a time of 100 s, the liquid recooling cycle is switched off. Fig.
7 shows the resulting mean and maximum temperatures of the electronics surface over time with
and without LHS. Again, the time interval until reaching a certain temperature is used to evaluate the
thermal performance. 141 s after switching off the recooling system the mean temperature reaches

Figure 7: Mean and maximum electronics temperature over time without and with latent
heat storage for a switched off recooling cycle

a value of 90 °C without and after 304 s with latent heat storage. Looking at a temperature level of
95 °C, values for the time interval of 187 s and 268 s can be seen. For the maximum temperature, a
value of 100 °C is reached after 153 s without and 326 s with LHS. So regarding one of these design
criterions, the power electronics could be operated in such a situation about twice as long with the
additional latent heat storage as without it. The low differences between the mean and the maximum
temperatures in case of the system with LHS during the down time of the recooling cycle is
particularly noticeable and an indication of a uniform temperature distribution on the electronics
surface.

5. CONCLUSIONS
In this paper, two innovative cooling technologies for power electronics as promising approaches in
aircraft applications are investigated. In a first step, experiments on a test rig are carried out to
evaluate the thermal performance of a natural circulation cooling system with R1233zd(E) as
refrigerant in steady-state. These parameter studies show a strong dependency of the mass flow
rate on the heat load, while the recooling temperature has only a minor influence. With rising heat
load, the void fraction and thus the driving pressure difference rises and leads to a sharp rise of the
mass flow rate in the lower power range, whereas the rising pressure losses due to friction and
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acceleration result in a converging mass flow rate for higher heat loads. It can be stated, that there
is a linear correlation between the temperature of the electronics with the heat load and also the
recooling temperature.
Additionally, in order to investigate the influence of a latent heat storage on such a system as a
second cooling approach, dynamic tests are carried out. For a peak load, the electronic temperature
can be kept below a critical value of 95 °C about nine times longer using a LHS, if power is increased
by 600 W. Furthermore the electronics reaches the same temperature in case of a failing recooling
system at a heat load of 800 W after almost twice the time, if the LHS is added.
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NOMENCLATURE
g

gravitational constant

Δh

distance evaporator/condenser (m) p

power (W)

𝑚̇

mass flow rate (g×s-1)

mean electronics temperature (°C)

𝑚̇RC

mass flow rate for a certain
𝜗El,max
recooling temperature (g×s-1)

maximum surface temperature (°C)

Δpdrive

driving pressure difference (Pa)

mean electronics temperature under
PCM application (°C)

ΔpEV

pressure difference across the
𝜗El,max,PCM
evaporator (Pa)

maximum surface temperature und
PCM application (°C)

Δpfric

frictional pressure losses (Pa)

mean electronics temperature for a
certain recooling temperature (°C)

Δpgrav

gravitational pressure difference
t
(Pa)

time (s)

Δplosses

total pressure losses (Pa)

ε

void fraction

Δpmom

pressure
difference
acceleration (Pa)

ρ

density (kg×m-3)

Δptot

𝜗El,m

due

𝜗El,m,PCM

𝜗El,m,RC

to

total pressure difference (Pa)
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ABSTRACT
In the paper at hand first results of testing a directly air-cooled adsorption refrigerator with fixed-bed
adsorbers are presented.
The refrigerator utilizes water as refrigerant and silica gel as adsorbent. In contrast to the most
common water-cooled adsorbers, the investigated adsorber is cooled with ambient air. The adsorber
has a plate geometry with vertical fins. Low power fans are installed to increase the heat transfer.
The configuration of the adsorber is introduced, followed by a discussion of its temperature
distribution and an outlook on future improvements.The results show that the adsorber’s surface
temperature varies by up to 10 K over the height. The minimum temperature difference between
surface and cooling air occurs at the inlet of the air flow. The temperature difference between inlet
and outlet on the surface cannot be induced by the air’s temperature increase with flow length only,
but is also influenced by the adsorption characteristics.
Keywords: Adsorber, Adsorption, Adsorption system, Air flow, Household refrigerator, Plate-fin
Silica gel, Surface temperature, Water (refrigerant)

1. INTRODUCTION
In general, there is an agreement in society that it is important to reduce primary energy consumption
significantly. By using waste heat driven sorption cooling machines (Rouhani et al., 2016)
conventional electricity driven compression cooling machines can be replaced. Adsorption cooling
is a promising alternative to conventional cooling methods by using waste heat, because adsorption
works at comparatively low temperatures (Kühn et al., 2018).
Up to now mostly large scale sorption refrigeration systems are developed and implemented. In this
work, an adsorption household refrigerator with a small cooling capacity of 25-50 W is investigated.
Since the number of household refrigerators is large, the potential to reduce primary energy
consumption in this sector is significant.
Most sorption cooling machines on the market are equipped with an additional water circuit for heat
rejection. In the case of household refrigerators, this is not practicable and investment costs need to
be kept low. Hence, in this work directly air-cooled fixed-bed adsorbers are used. For efficiency a
good thermal transmittance from adsorber to the air flow is important. To evaluate the heat transfer
processes during the periodical operation of this adsorption refrigerator, temperatures are measured
on the surface of one adsorber. Improvement possibilities are derived.
The configuration of the directly air-cooled adsorber is presented in section 2, followed by a
discussion of the experimental results showing the temperatures and pressures of the adsorption
refrigerator in section 3. Finally, an outlook on future improvements is given in section 4.

2. THE ADSORPTION REFRIGERATOR
In this section the objectives of the research are presented, followed by a description of design and
operation of the adsorption refrigerator.
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2.1.

Objectives

In the research project an adsorption household refrigerator driven by waste heat is developed and
investigated. The refrigerator has no freezer compartment. The refrigeration compartment
temperature should be between 0 and 8 °C (average 4 °C) at ambient temperatures ranging from 10
to 32 °C (climate class SN). These objectives are to be achieved by using domestic hot water as
driving heat and a maximum electrical energy consumption of 1 W.
2.2.

Design and Description of the Process

A schematic of the adsorption refrigerator is shown in figure 1. The functional model consists of two
adsorption chambers, an evaporator, a condenser and a condensate recirculation. The evaporator
is located in the refrigeration compartment and filled with the refrigerant water. The relevant internal
valves and sensors are shown in figure 1. The adsorption chambers are designed as cuboid plate
adsorbers (see fig. 2). The metallic adsorber casing is filled with an adsorbent bed of spherical silica
gel named Siogel (Aristov et al., 2017). The outer surface of the casing is finned to improve the heat
transfer from the chamber’s surface to the cooling air. The functional model is placed in a climate
chamber, which ensures a constant inlet temperature of the forced air flow for heat rejection during
adsorption.
In the following, first the adsorption phase is described for adsorber 1 and second the desorption
phase for adsorber 2, according to the representation in figure 1.
Adsorption phase: When the pressure in the adsorption chamber 1 is lower than the pressure in the
evaporator, valve V1 (figure 1) is opened. Subsequently, refrigerant vapor flows to adsorption
chamber 1 and is adsorbed by the adsorbent silica gel. The evaporator’s temperature decreases
below the temperature of the refrigeration compartment, due to the evaporation process. Thus, heat
is dissipated from the refrigeration compartment. The produced adsorption enthalpy in the adsorption
chamber is dissipated by a forced air flow on the plate adsorber’s surface caused by fans.
Desorption phase: The loaded adsorbent has to be regenerated. Therefore, the adsorber is heated
up with hot water flowing through pipes within the fixed bed. Due to the induced temperature increase
the refrigerant vapor is released and the pressure in adsorption chamber 2 rises above the
condenser’s pressure. The desorbed vapor flows through valve V4 into the condenser and
condenses while the condensation enthalpy is released to the ambient air. The liquid condensate is
returned to the evaporator by a valve.
As soon as adsorber 1 is loaded and adsorber 2 is unloaded, adsorber 1 switches to the desorption
phase and adsorber 2 to the adsorption phase, resulting in a cyclic operation with a nearly constant
production of cooling power in the refrigeration compartment. At the end of the desorption phase, a
cooling must take place until the adsorption can start again. Accordingly, the respective adsorber
has to be heated up before the desorption phase starts.
That means that the two adsorbers work alternately as a two-chamber system. While one adsorber
adsorbs, the other adsorber performs the heating, desorption and cooling and vice versa.
Table 1 is given to clarify the configuration of the valves etc. during one complete cycle consisting of
the four phases, adsorption, heating, desorption and cooling.

Figure 1: Schematic of the adsorption refrigerator with marked sensors
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Figure 2: Geometry of the plate adsorber and the fixed-bed
Table 1. Process phases
Adsorber 1
Adsorption
180 min, in figure 4 from 0:00 to 3:00 h
Valve V1 open
Valve V3 closed
Adsorber 2 is being cooled by a forced air
flow

Heating
10 min, in figure 4 from 3:00 to 3:10 h
Valve V1 and V3 closed
Adsorber I is heated by hot water
Desorption
90 min, in figure 4 from 3:10 to 4:40 h
Ventil V3 open
Cooling
80 min, in figure 4 from 4:40 bis 6:00 h
Valve V3 closed
Adsorber 1 is cooled by a forced air flow

Adsorber 2
Heating
10 min, in figure 4 from 0:00 to 0:10 h
Valve V2 and V4 closed
adsorber 2 is heated by hot water
Desorption
90 min, in figure 4 from 0:10 to 1:40 h
Valve V4 open
Cooling
80 min, in figure 4 from 1:40 to 3:00 h
Valve 4 closed
Adsorber 2 is cooled by by a forced air flow
Adsorption
180 min, in figure 4 from 3:00 to 6:00 h
Valve V2 open
Valve V4 closed
Adsorber 2 is cooled by a forced air flow

As soon as the level in the condenser has reached a certain value, the condensate recirculation
valve between condenser and evaporator is opened for 3 seconds. The accumulated liquid
refrigerant is thereby supplied to the evaporator to inhibit dry out. The change from one phase to
another is determined by fixed time periods, 10 minutes, 90 minutes and 80 minutes for heating,
desorption and cooling. The time periods were determined empirically within the experiments.
2.3.

Description of the used temperature and pressure sensors

Pressure and temperature sensors are used for the experimental investigation. The pressure
sensors have a measurement uncertainty of 0.25 mbar and are located in the vapor tube of the
evaporator (𝑃𝑒 ), in the adsorption chamber 1 (𝑃1 ), in the head of the condenser (𝑃𝑐 ) and at the bottom
of the condenser (𝑃𝑏 ). Temperature sensors are located in the environment (𝑇𝑎 ), in the refrigeration
compartment (𝑇𝑟 ), at the outlet of the air flow at adsorber 1 (𝑇1 ), at the outlet of the air flow at adsorber
2 (𝑇2 ), at the hot water inlet (𝑇𝑖 ) and at the hot water outlet (𝑇𝑜 ). These temperature sensors are
calibrated with a measurement uncertainty of 0.04 K. Additionally, nine temperature sensors are
positioned on the surface of adsorber 1 in a pattern shown in figure 3. In the paper at hand only the
three mean temperatures for each height (𝑇𝑠1 , 𝑇𝑠2 and 𝑇𝑠3 ) are shown. The standard deviation
between the sensors and their mean temperature at each height is 1.6 K at the bottom, 0.7 K at the
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middle and 1.1 K at the upper position. The temperature sensors on the surface have a measurement
uncertainty of 0.35 K.

Figure 3: Position of temperature sensors on the adsorber’s surface

3. EXPERIMENTAL CHARACTERIZATION
In the following sections the measurement data of temperature and pressure over time is presented
and discussed. In the shown measurement interval each adsorber passes through each phase of
the adsorption-desorption cycle once. Based on the measurement results improvement potentials
for subsequent functional models are presented.
3.1.

Discussion of the measured temperatures

Hot water inlet temperatures of 80 °C were used for the first experiments shown below. The ambient
temperature is 25 °C. The figures 4 and 5 show measured temperatures over time. The data was
collected at two different days to capture all data, because some sensors failed temporarily. Both
days show comparable results. The process phases in the headline of the figures refer to adsorber
1, respectively.
Fig. 4 shows the hot water inlet and outlet temperatures (𝑇𝑖 and 𝑇𝑜 ), the air outlet temperatures of
the two adsorbers (𝑇1 and 𝑇2 ), the temperature of the climate chamber (𝑇𝑎 ) and the refrigeration
compartment temperature (𝑇𝑟 ). At the beginning of the cycle shown (00:00 h) adsorber 1 performs
the adsorption phase and adsorber 2 the heating phase. The air outlet temperature 𝑇1 is
approximately 34 °C and decreases during adsorption to below 30 °C. The air outlet temperature 𝑇2
is approximately 39 °C and increases during heating and desorption to approximately 63 °C. At 01:40
h the desorption phase of adsorber 2 ends and is cooled down so that the temperature 𝑇2 is
approximately 35 °C at 03:00 h. Thus, the adsorption phase of adsorber 2 can start and the heating
of adsorber 1 begins.

Figure 4: Measured temperatures over time for both adsorbers (data from day 2)
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The hot water inlet temperature during the cycle ranges from 78 °C to 80 °C and the hot water outlet
temperature from 75 °C to 80 °C. The largest difference between inlet and outlet temperature occurs
at the beginning of the heating phase. This is due to the fact, that the adsorber is at its coolest
temperature then and the driving temperature difference for the heat flow from the hot water to the
adsorber is maximal.

Figure 5: Measured average surface temperatures in different heights over time and the process
phases of adsorber 1 (data from day 1)

The climate chamber shows a nearly constant temperature of 25 °C. The temperature in the
refrigeration compartment is also nearly constant at 12 °C. This refrigeration compartment
temperature is achieved due to the adjustment of the process phases of both adsorbers to provide
continuous cooling. One of the chambers is always performing an adsorption phase (see table 1).
As can be seen in table 1 and figures 4 and 5, the cooling phase takes more than an hour (80
minutes). In comparison to the adsorption and desorption phases, the preparing cooling phase is
very long. And even after 80 minutes of cooling, the adsorber surface temperatures are up to 15 K
above ambient temperature. It can be concluded, that the thermal transmittance from adsorber to
the air flow should be improved. The shorter the chosen cycle time will be, the higher the impact of
this restriction.
Fig. 5 shows the temperature distribution of the plate adsorber’s surface over the height and time.
The average surface temperature on each level is illustrated, specifically at bottom 𝑇𝑠1 , middle 𝑇𝑠2
and upper position 𝑇𝑠3 . The temperature decreases during cooling and adsorption phase and
increases during heating and desorption phase. Moreover, the surface temperature increases along
the flow length of the air flow (𝑇𝑠1 < 𝑇𝑠2 < 𝑇𝑠3 ) during cooling and adsorption phase. The surface
temperature varies by more than 10K over the height while adsorption takes place, whereas the
cooling air temperature difference is below 10K (see figure 4). Additionally, the surface temperature
in the middle of the adsorption chamber surface 𝑇𝑠2 converges to the bottom surface temperature
𝑇𝑠1 , while the upper temperature 𝑇𝑠3 remains at an elevated temperature level. Therefore, it can be
assumed, that adsorption into the upper part of the fixed-bed is preferred by the vapor.
During the heating and in the beginning of the desorption phase the gradient of 𝑇𝑠1 and 𝑇𝑠3 is
significantly higher than of 𝑇𝑠2 . It is assumed that this is due to the fact that there is more metal in
the upper and lower part of the adsorption chamber because of the casing. That improves the heat
transport from the centre of the adsorber to the surface, leading to a more dynamic temperature
development. As the temperature difference to the driving heat source of 80 °C decreases, also the
gradient does. At 3:00 h the gradient of 𝑇𝑠2 is higher than that of 𝑇𝑠1 and 𝑇𝑠3 . At 3:30 h the curves of
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𝑇𝑠1 and 𝑇𝑠2 intersect and the arrangement of temperatures turns back to the behaviour expected
from the adsorption temperature trends (𝑇𝑠1 < 𝑇𝑠2 < 𝑇𝑠3 ).
During cooling and adsorption, the temperature of the forced air flow increases with flow length. The
same distribution is observed at the end of the desorption phase, due to density differences of the
stagnant air. In contrast, during heating and in the beginning of the desorption phase another effect
seems to be dominant. The main factor in the development of the surface temperature during heating
and desorption is the heat transmittance of the fixed-bed, assuming a nearly homogeneous hot water
temperature over the height of the adsorber. On the edges of the plate adsorber there is a higher
volumetric fraction of metal than in the middle because of construction reasons. Thus, the thermal
bridge created by the metallic cuboid casing of the adsorber seems to increase heat transfer in the
bottom and upper position of the adsorber surface compared to the middle position 𝑇𝑠2 , where the
heat transfer is inhibited. Obviously, this heat flow does neither contribute significantly to the heating
of the fixed-bed during heating and desorption phase nor to the cooling during cooling and adsorption
phase, but causes additional heat losses from the hot water supply.
3.2.

Presentation of measured pressures

In fig. 6 the pressures of the evaporator 𝑃𝑒 , adsorber 𝑃1 and condenser 𝑃𝑐 over a cycle are depicted.
A small but measurable pressure difference between the adsorber 1 and the condenser of around
0.6 mbar can be seen during desorption. Evaporator pressure and adsorber pressure almost
coincide, which is due to the positioning of the evaporator pressure sensor outside of the evaporator
close to the adsorber valves (V1, V2).
Although the pressure in the evaporator drops abruptly at the beginning of the adsorption (00:00 /
03:00 h), no large temperature drops are noticeable in the refrigeration compartment 𝑇𝑟 (see fig. 4),
staying relatively constant at 12 °C. Probably, the evaporator design does not allow for a greater
cooling load. Despite reduced pressure and concomitant reduction of the equilibrium temperature in
the evaporator no reduction in the refrigerator temperature occurs. Besides other reasons this is due
to a worse heat transfer to the cold air than expected and a disadvantageous design of the
evaporator leading to a partial dry out of the evaporator surface and thus, to a significantly reduced
active heat transfer surface. Experiments show that approximately half of the evaporator surface is
regularly inactive due to inhomogeneous refrigerant distribution.

Figure 6: Measured pressures over time (data from day 1)

A prolonged cooling phase with air versus water cooling is to be expected. Thus, the cooling with air
should take more time than the heating with water. Accordingly, when looking at the second half
cycle (from 03:00 h in figure 6), it is noticeable that the heating phase of the loaded adsorber 1 leads
to a pressure increase from 15 mbar to 32 mbar taking only 10 minutes, but in contrast cooling of
the unloaded adsorber in the pressure range from 32 mbar to 15 mbar takes over one hour. In
steady-state operation this has not been decisive so far, since here the adsorption capacity is
acceptable for such long cycles, due to the fact that the bottleneck is currently the evaporator. As
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described in section 3.1, in comparison to the adsorption and desorption phases, the adsorption
preparing cooling phase is very long. Nevertheless, the adsorber pressure in the cycle from day 1
(figure 6) has not yet fallen below the evaporator pressure at the end of the cooling phase. Thus, a
new beginning of the adsorption would have been disadvantageous. This problem can increase in
the real application. For example, when the load of new refrigerated goods demands an increased
cooling capacity, and the cycle times need to be shortened and especially when the evaporator
performance is improved. It should be stated here, that the heat transfer from the adsorber surface
to the cooling air flow is even less efficient than expected. Hence, the air cooling should be improved
in any case.
During the heating and cooling phases, all valves to the condenser are closed, allowing it to cool
down. Accordingly, the condenser pressure drops. It can also be seen in figure 6 that even after
separation from the adsorber 1 the condenser remains at a high pressure level before a phase of
monotonous, but slow pressure drop begins. Accompanied with the fact that such a high increase in
pressure in the condenser and adsorber occurs during desorption, it can be deduced that the
condenser capacity is clearly too small to condense the occurring vapor flow in a sufficient time. This
adversely affects the load difference over the cycle and, accordingly, the efficiency.

4. CONCLUSIONS AND OUTLOOK
The measurement data leading to the following conclusions reveal the need of improvement for
some components. The detected problems are described and it is explained which measurement
data has led to the drawn conclusions.
An important result of the first measurements on the functional model of the adsorption refrigerator
is that continuous cooling and thus a nearly constant refrigeration compartment temperature have
been achieved. The measured refrigeration compartment temperature is 12 °C on average and
hereby above the target of 4 °C as well as outside the target range of 0 to 8 °C. In order to achieve
the project objective, it is necessary to increase the cooling capacity or to improve the thermal
resistance of the refrigerator housing. To increase the cooling capacity, several potential
improvements have been identified.
It has been shown that the main components of the cooling machines still work less efficient than
expected, especially the evaporator and the condenser.
In addition to the potential of improvement for the heat transfer between refrigeration compartment
air and evaporator a better distribution of water in the evaporator is necessary.
The low U-value of the fixed-bed seems to inhibit the heat flow from the fixed-bed to the cooling air.
Both the U-value of the fixed-bed and the heat transfer coefficient from the adsorber’s surface to the
cooling air should be increased. An increased U-value of the fixed bed leads to a decreased
desorption time, however, requiring an increased condenser capacity. An increased heat transfer to
the cooling air can reduce the necessary time for cooling and increase the adsorption capacity.
The condenser pressure highly increases during desorption and decreases only slowly after
desorption. This leads to an increased desorption time and decreased efficiency. In consequence
the condenser capacity has to be increased.
From the measurement results described above, some improvement potentials of the functional
model can be derived. From the refrigeration compartment temperature and the U-value of the
refrigerator a cooling capacity of circa 25 W can be deduced. To achieve the project objective of 4
°C the refrigerator temperature would therefore require circa 50 W of cooling capacity. This cooling
capacity could be reduced by an improved refrigerator housing. The results presented form the basis
for the design of another adsorption refrigerator within the research project. This functional model 2
should primarily use the potentials identified here in order to achieve the objectives.
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6. NOMENCLATURE
Symbol

Indices

𝐶𝑂𝑃

Coefficient of Performance (−)

1

Adsorber 1

𝑃

Pressure (Pa)

2

Adsorber 2

T

Temperature (°C)

o

Outlet of hot water

i

Inlet of hot water

c

Condenser

r

Refrigerator compartment

b

Bottom of the condenser

a

Ambient air

U

𝑚̇

Thermal transmittance
Vapor valve between
adsorber 1 (−)
Vapor valve between
adsorber 2 (−)
Vapor valve between
adsorber 1(−)
Vapor valve between
adsorber 2 (−)
Mass flow (kg/s)]

e

Evaporator

x

Coordinate of the height of the adsorber (m)

s1

y

Coordinate of the depth of the adsorber (m)

s2

z

Coordinate of the width of the adsorber (m)

s3

Surface temperature at the bottom
Surface temperature at the middle
position
Surface temperature at the upper
position

V1
V2
V3
V4

(W/m2K)
evaporator

and

evaporator

and

condenser

and

condenser

and
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ABSTRACT
The absorption cycle is one of the methods to use the waste heat. There are a series of absorption
working pairs. Most researchers thought that the excess Gibbs free energy (GE) was one of potential
scale to evaluate the working pairs. In this work, the published vapor-liquid equilibrium (VLE) data of
halohydrocarbon working pairs were collected and tabled. The VLE data were correlated with the
NRTL model, and average relative pressure deviations were within 2.51 %. The single-stage
absorption cycle model was established, the circulation ratio (CR), and exergy efficiency (η) were
evaluated. The results showed that the working pairs with negative GE had a better system
performance. And the performance of the system increased with the ratio of extremum GE at
absorbing temperature to extremum GE at generating temperature. The ratio was a potential scale
to evaluate the potential for absorption working pairs.
Keywords: absorption working pairs; single-stage absorption system; performance; Gibbs free
energy

1. INTRODUCTION
Absorption system is a great way for making use of the low quality heat sources such as waste heat
and solar energy. And more and more researchers focus on the promotion of performance for
absorption system or finding a new absorption working pair. There are many working pairs for
absorption system, however, there still is not a defined scale to select an optimal working pair for
one absorption system. Because it is impossible to evaluate all potential working pairs for absorption
system by the experiment method, it is necessary to exhibit a defined scale in theory to select the
working pairs. Generally, it is believed that the refrigerant should have a large vaporization latent,
low vapor pressure and friendly environmental characteristic (zero ODP, low GWP, etc.). And the
absorbent should have a low viscosity, free toxicity, low even zero flammability, etc. For the mixture
of refrigerant and absorbent, the solubility of refrigerant in absorbent should be high, and the boiling
points of refrigerant and absorbent should have an obvious difference. Those scales are just for the
preliminarily evaluation, and not accurate quantitatively.
It was believed that there was some relationship between the absorption system performance and
the vapor-liquid equilibria (VLE) characteristic of absorption pair. For example, Elsa and Holland
(1987) found that in water + salt absorption heat pump, when the negative deviation from Raoult’s
law of working pairs was low, the temperature lift from evaporator to condenser was low, and when
the negative deviation from Raoult’s law of working pairs was high, the generation temperature was
high, and they proposed that the absorption system needed the working pairs with negative deviation
from Raoult’s law, and the optimization of working pairs was to determine the optimal negative
deviation value for the actual system. Narodaslawsky et al. (1988) thought that the factors that
influenced the coefficient of performance (COP) for absorption heat pump mainly were the
vaporization latent at normal boiling point, the value of excess Gibbs free energy (GE), and the
location for extremum excess Gibbs free energy (GE, max). For an absorption heat pump, COP
increased with the vaporization latent at normal boiling point increasing. The GE, max should be within
(-2000 ~ -1000) J∙mol-1, and the location of GE, max should at the area that the composition of
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refrigerant was more than 0.6. Narodaslawsky et al. (1988) also proposed that there was a linear
relationship (GE = d∙hE) between the excess enthalpy hE and GE (the value of d should be more than
1 for an absorption heat pump). Kernen et al. (1995) found that for the absorption cycle to work well,
GE should increase sharply with temperature, and the reason was that in the absorber, the vapor
pressures, the activity coefficients and GE for working pairs should be low, but in the generator, GE
should be larger. The results from Zheng et al.’s researches (2001 and 2013) indicated that the value
of GE, max had a strong influence on the performance of the system for the working pairs with water
as the refrigerant and organic solvents as the absorbents. COP reached the maximum, and
circulation ratio CR was at a low level, when the value for GE, max was within (-1500 ~ -1200) J∙mol-1.
Tufano (1998) observed that the low vapor pressure produced a marked decrease of circulation ratio
(CR), and the negative hE produced a comparatively smaller increase of the COP, and he also
thought that for a great performance, the absorption working pairs should have a certain negative
deviation from the Raoult’s law.
In this work, the working pairs with R134a, R32, R152a, and R161 as the refrigerant, respectively,
were applied into a single-stage absorption system. And the performance of the system was
evaluated. The relationships of the GE, max, or the ratio for GE, max at absorbing temperature to GE, max
at generating temperature on the performance of system were discussed. The feasibility of applying
GE as one of the scales to evaluate the halohydrocarbon working pairs’ potential in the absorption
system was analyzed.

2. MODEL
The schematic diagram of the single-grade absorption refrigeration cycle was shown in Fig. 1, and
Fig. 2 showed the thermodynamic cycle of the system on p-T coordinates. The following assumptions
were made for the thermodynamic analysis: (1) the absorption refrigeration system operated at
steady state; (2) the pressure changes only occurred in solution pump and throttle valve, and all
other flow pressure drop could be neglected; (3) the heat loss in the system could be neglected; (4)
the solution streams at the exit of generator (point 4) and absorber (point 2) were at the equilibrium
state; (5) the solution streams at the exit of condenser (point 3, l) was saturation liquid, and the exit
gas stream of evaporator (point 1) was saturation gas; (6) the exit gas stream of generator was pure
refrigerant.

Figure 1: The schematic diagram of the single-stage absorption refrigeration cycle

Figure 2: The thermodynamic cycle of the single-stage absorption cycle
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The operating pressures of the absorption refrigeration system are determined by the saturation
pressures of condenser temperature and evaporator temperature. The temperatures at various state
points are shown clearly in Fig. 2. As the exit solution streams of generator and absorber are at the
equilibrium condition, the mass fraction of refrigerant in the exit streams of absorber and generator,
wa and wg, could be calculated by phase equilibrium data of working pairs. Thus, the mass fractions
at various state points can also be obtained.
The circulation ratio (CR) is determined by Eq. (1).

CR 

1  wg

Eq. (1)

wa  wg

The power consumption of the solution pump (Wp) is defined by Eq. (2).

Wp 

CR  p   e
  eff  h

Eq. (2)

The exergy efficiency η is defined as
 Tg  Ta
T 
Eq. (3)
 e 


Tc  Te 
 Tg
The absorption working pairs are mainly divided into four series (water series, ammonia series,
alcohol series, and halogenated hydrocarbon series), according to the different types of refrigerants.
In these working pairs, because the amount of halogenated hydrocarbon series is most, and the VLE
properties and thermodynamic properties of halogenated hydrocarbon series are comparatively
enough, the hydrocarbon series was selected as the working fluids in this work. The fundamental
properties of refrigerants and absorbents were listed in Table 1 and Table 2.



e
 g  Wp

Table 1. Fundamental properties of refrigerants

Full name

R134a
1,1,1,2Tetrafluoroethane

R32

Difluoromethane

R152a
1,1Difluoroethane

R161
fluoroethane

Molecule
Cas. No.

811-97-2

75-10-5

Table 2. Fundamental properties of organic absorbents

Full
name

75-37-6

DMETrEG

DMAC

DMF

DMEDEG

Triethylene glycol
dimethyl ether

N,Ndimethylacet
amide

N,NDimethylforma
mide

dinthylether
diethylene glycol

112-49-2

127-19-5

68-12-2

111-96-6

353-36-6
NMP
1-methyl2pyrrolidon
e

Molecule
Cas. No.

872-50-4

The VLE data sources of hydrocarbon working pairs were listed in Table 3. For the unification of
programming, these published VLE data of hydrocarbon working pairs were recorrelated in this work
by the NRTL model (Renon and Prausnitz, 1968). The equations of the NRTL model for binary
mixture were as follows.

  G
 G 
gE
 x1 x2  21 21  12 12 
RT
 x1  x2G21 x2  x1G12 
2
  G

12G12 
21

ln  1  x  21 
 
2
  x1  x2G21   x2  x1G12  
2
2
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2
  G

 21G21 
12

ln  2  x  12 
 
2
  x2  x1G12   x1  x2G21  
G12  exp(12 ), G21  exp( 21 )
2
1

Eq. (6)
Eq. (7)

12  A0  A1 ln T ,  21  B0  B1 ln T

Eq. (8)
With the experimental data, the parameters (α, A0, A1, B0, B1 in Eq. (7) and Eq. (8)) were calculated,
which were listed in Table 3. In the process of calculation, the properties of refrigerants were from
the Refprop 10.0, and the properties of absorbents were from Aspen Plus v8.4.
Table 3. The data sources and NRTL model parameters for hydrocarbon working pairs

Working pairs

Source

R134a+DMAC
R134a+DMEDEG
R134a+DMETrEG
R134a+DMF
R32+DMF
R32+DMAC
R32+DMEDEG
R152a+DMETrEG
R152a+DMAC
R152a+DMEDEG
R152a+DMF
R161+DMAC
R161+DMEDEG
R161+DMETrEG
R161+DMF
R161+NMP

Jing et al.,
2013
Zehioua et
al., 2010
Conrnas et
al., 2002
Han et al.,
2011
Han et al.,
2011
Li et al., 2013
Li et al., 2013
Fang et al.,
2017
Meng et al.,
2013
Li et al., 2013
Meng et al.,
2013
Jing et al.,
2013
Deng et al.,
2014
Han et al.,
2016
Deng et al.,
2014
Jing et al.,
2013

α

NRTL parameters
A0
A1
B0

B1

ARD%

18.0113

-0.3872

0.4275

1.3769

-0.2601

1.04

-0.3146

-7.4361

1.0720

-7.3778

1.3625

1.67

-0.4168

-6.3112

0.8749

-6.2444

1.1323

2.02

12.6003

3.2156

-0.5415

3.5791

-0.6551

2.04

4.8359

10.8692

-1.8564

6.3828

-1.1829

2.51

17.3682
3.3031

5.2930
6.6425

-0.9246
-1.0702

1.1401
5.1794

-0.2250
-0.9781

1.93
2.07

0.1529

1.8694

-0.4621

1.9522

-0.2545

1.66

-0.8928

5.3674

-0.9692

5.3982

-0.8960

1.28

2.9766

1.8247

-0.3315

1.8859

-0.3217

1.25

1.4258

2.7234

-0.5496

2.8252

-0.4067

0.91

5.1646

11.3840

-1.8965

6.9151

-1.2748

1.36

5.6141

10.3596

-1.5913

6.4691

-1.1938

1.26

-0.4694

4.8556

-1.3144

8.2862

-1.2970

2.15

6.3104

9.4318

-1.0523

6.7219

-1.2132

1.68

5.6135

10.2811

1.7137

6.4199

-1.1810

1.34

From Table 3, the average relative pressure deviation (ARD%) for all hydrocarbon working pairs was
within 2.51 %. For the four series of working pairs, (R134a series, R32 series, R152a series, and
R161 series), the ARD% of R32 series were a little larger than the other series, the reason might be
that the R32’s vapor pressure was larger than the other refrigerants.
To apply the NRTL model for different working pairs into the single-stage absorption system, it was
able to calculate the performance of the system (CR, and η) with different working pairs. And the GE
at a certain temperature was also obtained.

3. RESULTS AND DISCUSSIONS
The calculation working conditions were listed in Table 4. The η and CR for the system with different
working pairs in the generator temperature range were showed in Fig. 3 and Fig. 4, respectively.
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Table 4. Simulation working conditions for system

Working condition
Range

Tg (K)
353.15 ~ 393.15

Ta (K)
303.15

Te (K)
273.15

Tc (K)
303.15

Φe (kW)
10

From Fig. 3, it can be seen that the exergy efficiency η for different working pairs increased with the
Tg at first but after a certain value of Tg, then it began to decrease with Tg. Therefore, there was an
optimal, and its location was different for different working pairs. Comparing to other working pairs,
the system with R134a + DMEDEG showed a best exergy efficiency η, and the system R32 + DMF
had the lowest exergy efficiency. By comparison, R134a series had a better exergy efficiency than
the other series. From Fig. 4, it can be known that the circulation ratio CR for all working pairs
decreased with the increase of Tg. A low CR meant that the mass flow of solution was low. And the
system with R134a + DMETrEG and R134a + DMEDEG had the lowest CR among Tg = (353.15 ~
393.15) K. The system with R32 + DMF had a relatively high CR. Considering the CR and η, the
system with R134a series working pairs showed a better performance compared to that with other
series working pairs.
R134a+DMETrEG
R134a+DMF
R134a+DMAC
R134a+DMEDEG
R32+DMF
R32+DMAC
R32+DMEDEG
R152a+DMEDEG
R152a+DMETrEG
R152a+DMAC
R152a+DMF
R161+DMEDEG
R161+DMAC
R161+NMP
R161+DMF
R161+DMETrEG

0.35

0.30

η

0.25

0.20

0.15

0.10

350

360

370

380

390

400

Tg(K)

Figure 3: The exergy efficiency η at different generator temperature Tg for different working pairs
25
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R134a+DMETrEG
R134a+DMF
R134a+DMAC
R134a+DMEDEG
R32+DMF
R32+DMAC
R32+DMEDEG
R152a+DMEDEG
R152a+DMETrEG
R152a+DMAC
R152a+DMF
R161+DMEDEG
R161+DMAC
R161+NMP
R161+DMF
R161+DMETrEG

Tg(K)
Figure 4: The circulation ration CR at different generator temperature Tg for different working pairs

As mentioned at section 1, some researchers believed that there was a strong relationship between
the performance of system and the excess Gibbs free energy (GE), because when GE was much low
than 0, the refrigerant could easily be absorbed by the absorbent, and if GE was large, the refrigerant
could easily be desorbed from absorbent. Narodaslawsky et al. (1988) and Zheng et al. (2001 and
2013) both mentioned that there was a most suitable range of the maximum excess Gibbs free
energy (GE, max) of working fluids for absorption system. It should be emphasized that GE, max was the
extremum in the curve GE versus x, which was shown in Fig. 5. For R134 series working pairs, the
GE was negative among x1 = (0 ~ 1) at absorber temperature (Ta = 303.15 K), and there was an
extremum for GE.
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Figure 5: The GE of R134a series working pairs at Ta = 303.15 K

Fig. 6 showed the influence of GE, max on the η and CR at generator temperature Tg = 373.15 K, and
the GE, max was the extremum value of GE at absorbing temperature (Ta = 303.15 K). And it was hard
to determine any regular rule for GE, max influence on these performance parameters. There was not
an optimal value for GE, max for η and CR. One of the reasons was possibly a little amount of data.
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(a). η versus GE, max.
(b). CR versus GE, max
(c) Wp versus GE, max
Figure 6: The influence of GE, max on the performance of single-stage absorption system for different
series working pairs at Tg = 373.15 K (—■—R134a series; —●— R32 series; —▲— R152a series;
—★— R161 series)

In Fig. 6, the GE at absorbing temperature was only considered, however, the desorption process of
the refrigerant at generator was also an important process which was involved with the VLE process
of working pairs. Therefore, the GE at generating temperature should also be considered. Fig. 7
showed the results of performance parameters of the system versus the ratio for GE, max at Ta = 303.15
K to GE, max at Tg = 373.15 K. And it was obviously that the η increased with the ratio increasing, while
CR and Wp decreased. Therefore, it was thought that the ratio for GE, max at the absorbing
temperature to GE, max at the generating temperature was a better scale to evaluate the working pairs’
potential in a single-stage absorption system. And the performance of the system was getting better
while the ratio increased.
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Figure 7: The performance parameters (η, CR, and Wp) versus the ratio of GE, max at Ta = 303.15 K to
GE, max at Tg = 373.15 K (—■—R134a series; —●— R32 series; —▲— R152a series; —★— R161 series)
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4. CONSLUSIONS
The VLE data of hydrocarbon working pairs were collected and correlated by the NRTL model, and
the average relative pressure deviations for all working pairs were within 2.51 %. A single-stage
absorption system simulation model was established, and the 16 kinds of working pairs were applied
to the model to calculate the performance of the system. Two parameters, CR and η, were
considered to evaluate the performance of the system. The results indicated that the R134a +
DMEDEG had the best performance, and R32 + DMF had the worst one. And generally, the R134a
series working pairs had a better performance than R32, R152a and R161 series working pairs.
The influence of the excess Gibbs free energy of the working pairs on the single-stage absorption
system was discussed. Actually, it was indicated that there was not a definite relationship between
the GE, max, and performance of the system. Because the absorption at the absorber and the
desorption at the generator were the two important processes in the absorption system, the ratio of
GE, max at the absorbing temperature to GE, max at the generating temperature was considered. And
the result showed that the η increased, CR and Wp decreased with the ratio increasing. It meant the
performance of the system got better while the ratio increased. Therefore, it was thought to adopt
the ratio of GE, max at Ta to GE, max at Tg as the scale to evaluate the potential of working pairs.
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NOMENCLATURE
A0, A1,
B0, B1
ARD%
CR
eff
G12, G21
GE
GE ,max
hE
T
p
w
Wp
x
Δp

model parameters of NRTL model
average relative deviation of
pressure
circulation ratio
efficiency of solution pump (set to
0.5)
model parameters of NRTL model
excess Gibbs free energy (J∙mol-1)
extremum of GE (J∙mol-1)
excess enthalpy (J∙mol-1)
temperature (K)
pressure (Pa)
mass faction of refrigerant
power consumption of solution
pump
mole fraction
the difference of pressure between
the inlet and outlet of the solution
pump (Pa)

Δh

latent heat vaporization of the
refrigerant at evaporator temperature
(J∙kg-1)

Greek
ρ

density of solution (kg∙m-3)

Φ

total thermal load (W).

η
γ
α, τ12, τ12,

exergy efficiency
activity coefficients
model parameters of NRTL model

Subscript
a
absorber
c
condenser
e

evaporator

g

generator

i

ith component
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ABSTRACT
Visual experiments were conducted to investigate the start-up and heat transfer performance of
pulsating heat pipes (PHPs) charged with different volume fractions (0.2 vol %, 0.5 vol %, 0.8 vol %
and 1.0 vol %) of CuO/water and SiO2/water nanofluids. The results showed that the start-up
performance of PHPs charged with SiO2/water nanofluids was worsened compared with distilled
water-PHP, while CuO/water nanofluids had less effect on the start-up performance. The thermal
resistances of PHPs charged with SiO2/water nanofluids ((0.2 – 0.8) vol %) and CuO/water
nanofluids ((0.2 – 1.0) vol %) were lower than those of distilled water-PHP. However, with high
concentration of SiO2/water nanofluids (1.0 vol %), the heat transfer performance of PHP was
worsened at lower heat input (≤ 54.6 W). The optimal concentration of SiO2/water nanofluids and
CuO/water nanofluids were about 0.5 vol % and 0.8 vol %, respectively. In addition, the influence of
nanoparticles sedimentation on the heat transfer performance of PHPs was relatively small.
Keywords: Pulsating Heat Pipe, Nanofluids, Visualization, Heat Transfer, Start-up, Thermal
Resistance, Nanoparticle Sedimentation

1.

INTRODUCTION

With the rapid development of the electronic technology, the power densities of electronic devices
have increased sharply in the past few decades (Agostini et al., 2007). It resulted in the increase of
heat fluxes of electronic devices. More efficient thermal management is required to match the rising
heat fluxes. Pulsating heat pipe (PHP) as a kind of two-phase passive heat transfer device, with
excellent heat transfer performance, compact structure and no external power requirement has
drawn much attention (Han et al., 2016). A PHP was usually consisted in a capillary tube bended in
a planar serpentine manner. It was evacuated and partially filled with working fluid. During the
operation, the heat was transferred from evaporation section to condensation section through the
motions of the working fluid inside PHP.
PHPs charged with nanofluids were investigated by many researchers because the thermal
conductivities of working fluids could be effectively increased by adding small amounts of
nanoparticles into base fluids (Godson et al., 2010; Karthikeyan et al., 2014; Nazari et al., 2018).
Karthikeyan et al. (2014) found that with silver colloidal nanofluid, the thermal resistance of PHP
was decreased and the heat transfer limit was enhanced by 33.3 %. However, when the
concentration of nanoparticles was high, the heat transfer performance of PHPs may be worsened.
Nazari et al. (2018) found that when the concentrations of 1rapheme oxide/water nanofluids were
0.25 g/lit, 0.5 g/lit and 1.0 g/lit, the thermal resistances of 1rapheme oxide/water nanofluids-PHPs
were lower than water-PHP. However, the heat transfer performance of PHP was worsened when
the concentration of 1rapheme oxide/water nanofluids was 1.5 g/lit. Therefore, it is significant to
investigate the influence of different concentrations of the nanofluids on the heat transfer
performance of PHPs.
In addition, to understand the operational mechanism of PHPs including the start-up and heat
transfer mechanism, it was of great significance to investigate the relation between the flow motions
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of working fluids and the heat transfer of PHPs. For example, Khandekar et al. (2003) conducted a
visual experiment on the PHP with R-123 as working fluid. With the increase of input heat flux, a
slug-annular flow transition was observed in the PHP. When annular flow developed, convective
flow boiling became the dominant phenomenon and the heat transfer coefficient of PHP was
increased. For nanofluids-PHPs, when nanofluids were used as working fluids, sedimentations of
nanoparticles may exist in PHPs (Godson et al., 2010). Therefore, to understand the operation
mechanism of nanofluids-PHPs, it was significant to investigate the flow motions of nanofluids and
the dispersion of nanoparticles in PHPs.
In this paper, to give an insight into the influence mechanism of nanofluids, visual experiments were
conducted on PHPs charged with SiO2/water nanofluids and CuO/water nanofluids, respectively.
The influence of SiO2/water nanofluids and CuO/water nanofluids with different concentrations (0.2
vol %, 0.5 vol %, 0.8 vol % and 1.0 vol %) on the start-up performance and heat transfer
performance of the PHP were compared and analyzed combined with visual observation. In
addition, sedimentation of nanoparticles was observed and the influence of nanoparticles
sedimentation on the heat transfer performance of PHP was investigated. The results could be used
to better understand the mechanism of heat transfer enhancement of nanofluids on PHPs.

2.
2.1

EXPERIMENT

Experimental apparatus

The schematic of the experimental apparatus was shown in Fig. 1. Table 1 showed the summary of
experiment parameters of PHP. The PHP was heated by nickel-chrome wire wrapped outside the
evaporation section. The power input was controlled by a DC regulated power supply and it was
measured by a wattmeter with an accuracy of 0.5 % FS. The condensation section was cooled by
cooling water and the inlet temperature of cooling water was set at (20 ± 0.5) °C. Ten T-type
thermocouples were used to measure the temperature of evaporation and condensation section
and the locations were shown in Fig. 1. Considering both the accuracies of thermocouples and
Agilent 34970 A, the uncertainty of the temperature was ± 0.12 °C.
Pressure
Sensor
Water Cooling
System

T8

T7

T10

T9

Agilent
34970A
Power
Supply

PC
Wattmeter T
1

T2

T3

T4

T5

T6

Nickle chrome wire

Figure 1: Experimental apparatus
Table 1 Experiment Parameters of PHP

Turns
number
5
2.2

Inner/outer
diameter
(mm)
2 / 7.5

Length of
evaporation
section (mm)
60

Length of
adiabatic
section (mm)
60

Length of
condensation
section (mm)
65

Filling
ratio

Inclination
angle (°)

0.5

90

Nanofluids preparation

The SiO2 nanoparticles with a mean diameter of 30 nm and CuO nanoparticles with a mean
diameter of 40 nm were used in the experiment. The thermophysical properties of SiO2 and CuO
nanoparticles were shown in Table 2. With distilled water as based fluid, four volume concentrations
(0.2 vol %, 0.5 vol %, 0.8 vol% and 1.0 vol %) of CuO/water and SiO2/water nanofluids were
prepared. No surfactant/dispersant additives were added because it might affect the thermophysical
properties of nanofluids. The nanofluids were vibrated for 4 h in an ultrasonic bath. Nanoparticles
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could disperse well after 24 hours.
Table 2 Thermophysical properties of SiO2 and CuO nanoparticles (Myers et al., 2016; Touloukian et
al., 1970; Hwang et al., 2007)

Thermal conductivity
(W/m K)
8.3
76.5

Nanoparticles
SiO2 nanoparticles (30 nm)
CuO nanoparticles (40 nm)
2.3

Specific heat
(J/g K)
1.06
0.64

Density
(kg/m3)
2600
6320

Data processing

The heat transfer performance of PHP could be evaluated by thermal resistance. It is defined as
follows:
Eq. (1)
R = (Te -Tc ) / Q
where Te was the average temperature of evaporation section, Tc was the average temperature of
condensation section and Q was the heat input. Te and Tc were calculated by:
Eq. (2)
Te = (T1 + T2 + T3 + T4 + T5 + T6 ) / 6
Eq. (3)
Tc = (T7 + T8 + T9 + T10 ) / 4
where Ti represented the temperature of the ith thermocouples. Good insulation was taken outside
the evaporation section. However, in order to observe the flow motions of working fluids in the PHP,
there was no insulation material wrapped outside the adiabatic section. The heat loss of adiabatic
section was estimated to be 9.05 %. The heat input of the PHP could be calculated as:
Eq. (4)
Q = φ× P
where φ can be taken as 0.91 for all heat input and P was the electrical input power ((20 – 120)
W). Through the Eq. 4, the heat input Q was in the range of (18.2 – 109.2) W.
The uncertainty of thermal resistance could be calculated as follows:
2

2

⎛ ∂R
⎞ ⎛ ∂R
⎞
δ Q ⎟ + ⎜ δ T ⎟
Eq. (5)
⎠
⎝ ∂Q
⎠ ⎝ ∂T
Through calculation, the maximum uncertainty of the thermal resistance was 6.22 %. The relative
uncertainty decreased with the increase of heat input.

δ R = ⎜

3.

RESULTS AND DISCUSSIONS

3.1

The effect of nanofluids on the start-up performance of PHP

3.1.1.

The effect of different concentrations of SiO2/water nanofluids on the start-up performance
of PHP

According to the visual observation during the experiment, large oscillation amplitudes of
evaporation temperatures were related to the stagnation of liquid and vapor plugs in PHPs. At lower
heat input, vapor and liquid plugs did not show a continuous pulsating motion, but showed a
pulsation-stagnation-pulsation process. Stagnation may last for even dozens of seconds. It was
observed that when stagnation happened, the evaporation temperature of positions with liquid plugs
continuously rose while the positions with vapor plugs showed a more steady oscillation. When
evaporation temperature difference became large enough, the liquid and vapor plugs oscillated
again and evaporation temperature sharply decreased. After a pulsation-stagnation-pulsation
process, a large peak could be found in the oscillation of evaporation temperature. Take distilled
water-PHP as an example, the relation between stagnation and pulsation of liquid and vapor plugs
and the oscillation of evaporation temperature was shown in Fig. 2. Thus, from the observation, the
oscillation period and amplitude of evaporation temperature at lower heat input showed a strong
relation with the stagnation of liquid and vapor plugs. The start-up performance of PHPs charged
with nanofluids could be analyzed through the oscillation of evaporation temperature.
The evaporation temperature oscillations of PHPs charged with distilled water and different
concentrations of SiO2/water nanofluids under different heat input during steady operations were
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shown in Fig. 2 and Fig. 3, respectively. From Fig. 2 and Fig. 3, it can be found that the oscillation
amplitudes of evaporation temperature of PHPs at lower heat input (18.2 W) were commonly larger
than those at higher heat input. When the heat input was larger than 36.4 W, the oscillation period
and oscillation amplitude of evaporation temperature obviously decreased. It was consistent with
the visual observation that stagnation was easily observed at 18.2 W heat input but barely noticed
when heat input was larger than 36.4 W. In addition, from Fig. 2 and Fig. 3, it could be found that the
oscillation periods and amplitudes of evaporation temperature of SiO2/water nanofluids-PHPs were
much larger than those of distilled-water PHP at heat input of 18.2 W. It was indicated that the
stagnation time of SiO2/water nanofluids-PHPs was longer than that of distilled water-PHP. In
addition, the liquid and vapor plugs in PHP charged with 1.0 vol % SiO2/water nanofluids almost
kept stagnation at heat input of 18.2 W. Therefore, the start-up performance of PHPs charged with
SiO2/water nanofluids was deteriorated compared with distilled water-PHP.
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Figure 2: The evaporation temperature oscillation of PHP charged with distilled water
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Figure 3: The evaporation temperature oscillation of PHPs charged with SiO2/water nanofluids
with concentration of (a) 0.2 vol %; (b) 0.5 vol %; (c) 0.8 vol %; (d) 1.0 vol %

The effect of different concentrations of CuO/water nanofluids on the start-up performance
of PHP
The evaporation temperature oscillations of PHPs charged with different concentrations of
CuO/water nanofluids at different heat input were shown in Fig. 4. Stagnation phenomena of liquid
and vapor plugs were also observed in the CuO/water nanofluids-PHPs at heat input of 18.2 W.
Similar to SiO2/water nanofluids-PHPs, it can be found that the oscillation amplitudes of evaporation
temperature of PHPs charged with different concentrations of CuO/water nanofluids were
commonly larger at lower heat input (18.2 W), as shown in Fig. 4.
The evaporation temperature oscillations of CuO/water nanofluids-PHPs and distilled water-PHPs
were compared and it was found that the evaporation temperature oscillation amplitudes of
CuO/water nanofluids-PHPs were slightly larger than those of distilled water-PHP at lower heat
input, as shown in Fig. 2 and Fig. 4.
From the mentioned above, the start-up performance of PHPs were worsened by using SiO2/water
3.1.2.
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and CuO/water nanofluids as working fluids. It was attributed to the increase of dynamic viscosity of
nanofluids, which increased the flow resistance. In addition, according to the oscillation of
evaporation temperature and visual observation, the lasting time of liquid and vapor plugs
stagnation of CuO/water nanofluids-PHPs was shorter than that of SiO2/water nanofluids-PHPs.
The start-up performance of CuO/water nanofluids-PHPs was better than SiO2/water
nanofluids-PHPs. It was attributed to higher thermal conductivity of CuO/water nanofluids.
Therefore, the deteriorations effects of CuO/water nanofluids on the start-up performance of PHPs
were less than that of SiO2/water nanofluids.
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Figure 4: The evaporation temperature oscillation of PHP charged with CuO/water nanofluid
(a) 0.2 vol %; (b) 0.5 vol %; (c) 0.8 vol %; (d) 1.0 vol %

3.2.

The effect of nanofluids on the heat transfer performance of PHP

Commonly, the PHP with better heat transfer performance has lower thermal resistance (Bergman
et al., 2008). In order to investigate the influence of different concentrations of SiO2/water nanofluids
and CuO/water nanofluids on the heat transfer performance of PHP, thermal resistances of PHPs
charged with SiO2/water nanofluids, CuO/water nanofluids and distilled water were calculated and
shown in Fig. 5.
The effect of different concentrations of SiO2/water nanofluids on the heat transfer
performance of PHP
According to Fig. 5(a), it could be found that PHPs charged with SiO2/water nanofluids (0.2 vol %,
0.5 vol % and 0.8 vol %) showed lower thermal resistances compared with distilled water-PHP.
However, when the concentration of SiO2/water nanofluids was 1.0 vol %, the thermal resistances
of SiO2/water nanofluids-PHP was higher than those of distilled water-PHP at lower heat input (≤
54.6 W) and opposite at higher heat input (> 54.6 W). It could be found that the lowest thermal
resistance was achieved when the concentration of SiO2/water nanofluid was 0.5 vol %. Therefore,
the optimal concentration of SiO2/water nanofluids was about 0.5 vol %.
The main reasons for the improvement or deterioration of heat transfer performance of
nanofluids-PHPs were shown as follows: (1) Nucleation sites increased by nanoparticles: The
nanoparticles attached to the inner surface of PHP and increased the nucleation sites of the inner
surface, which was conducive to the bubble generation. (2) The thermal conductivity of nanofluids:
Adding SiO2 and CuO nanoparticles into distilled water would increase the thermal conductivity and
the thermal conductivities of nanofluids increased with volume concentration (Kulkarni et al., 2006).
The thermal conductivity of CuO nanoparticles was much higher than that of SiO2 nanoparticles, as
shown in Table 2. Thus, the thermal conductivities of CuO/water nanofluids were higher than that of
SiO2/water nanofluids at same concentration. (3) The dynamic viscosities of nanofluids: The
dynamic viscosities of nanofluids increased with volume concentration (Meybodi et al., 2016).
3.2.1.
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Generally speaking, working fluids with high thermal conductivities and low viscosities are favorable
for efficient heat transfer of PHPs.
The influence of nanofluids on the heat transfer performance of PHP was depended on the number
of nucleation sites, thermal conductivities and dynamic viscosities of nanofluids. During the
experiment, it was visually observed that the main flow pattern in the PHPs was slug flow at lower
heat input (≤ 54.6 W). The contribution of sensible heat on the overall heat transfer was dominant in
PHP with slug flow pattern as the main flow pattern (Groll and Khadekar, 2004; Khandekar et al.,
2003). When the concentration of SiO2/water nanofluids increased to 1.0 vol %, the dynamic
viscosity of SiO2/water nanofluid was too high and the high flow resistance prevented the motion of
liquid and vapor plugs. Thus, the heat transfer performance of PHP with 1.0 vol % SiO2/water
nanofluid was worsened compared with that of distilled water-PHP. When the heat input increased (>
54.6 W), semi-annular and annular flow pattern were developed and visually observed in the
experiment. With the increase of heat input, the heat was transferred mostly by evaporation of the
liquid film and latent heat became dominant in the heat transfer (Groll and Khadekar, 2004;
Khandekar et al., 2003). In this situation, nucleation sites number and thermal conductivities of
working fluids were important to the heat transfer performance of PHPs. In addition, the dynamic
viscosity of nanofluids decreased with the increase of temperature (Meybodi et al., 2016). The
influence of dynamic viscosities weakened at higher heat input. Thus, the thermal resistances of
PHP charged with 1.0 vol % SiO2/water nanofluid was lower than those of distilled water-PHP at
higher heat input (> 54.6 W).
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Figure 5: The thermal resistances of PHPs charged with different concentrations of
(a) SiO2/water nanofluids and (b) CuO/water nanofluids

3.2.2.

The effect of different concentrations of CuO/water nanofluids on the heat transfer
performance of PHP
Fig. 5(b) showed the thermal resistances of PHPs charged with different concentrations of
CuO/water nanofluids. According to Fig. 5(b), it could be found that PHPs charged with different
concentrations CuO/water nanofluids all showed lower thermal resistances compared with distilled
water-PHP. The thermal resistance of CuO/water nanofluids-PHPs decreased with the increase of
concentrations in the range of (0.2 - 0.8) vol %. However, the thermal resistances of PHP charged
with 1.0 vol% CuO/water nanofluid was higher than those of PHP charged with 0.8 vol % CuO/water
nanofluid. Therefore, that the optimal concentration of CuO/water nanofluids was about 0.8 vol %.
In addition, the thermal resistances of CuO/water nanofluids-PHPs and SiO2/water
nanofluids-PHPs were compared and it could be found that the thermal resistances of CuO/water
nanofluids-PHPs were lower than those of SiO2/water nanofluids-PHPs at same concentration
because of higher thermal conductivities of CuO/water nanofluids. Therefore, the heat transfer
enhancements of CuO/water nanofluids-PHPs were more remarkable.

3.3.

The effect of nanoparticles sedimentation on the heat transfer performance of PHP

Sedimentation of nanoparticles was often inevitable in PHPs because of the nanoparticles
aggregation. Fig. 6(a) and Fig. 7(a) showed the well dispersed 0.5 vol % SiO2/water nanofluid and
0.5 vol % CuO/water nanofluids in PHP, respectively. After operation, the nanofluids in PHPs were
kept standing for 3 days. Fig. 6(b) and Fig. 7(b) showed the sedimentations of SiO2 nanoparticles
and CuO nanoparticles after 3 days, respectively. As shown in Fig. 6 and Fig. 7, obvious
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sedimentation of both SiO2 nanoparticles and CuO nanoparticles could be seen. It was significant to
investigate the influence of nanoparticles sedimentation on PHPs.
Fig. 8(a) and Fig. 8(b) showed the comparison of thermal resistances of PHPs charged with 0.5 vol %
SiO2/water nanofluid and 0.5 vol % CuO/water nanofluids before and after nanoparticles
sedimentation, respectively. As can be seen in Fig. 8(a), the thermal resistances of the 0.5 vol %
SiO2/water nanofluid-PHP after nanoparticles sedimentation were slightly higher than those of well
dispersed SiO2/water nanofluid-PHP. The maximum increase of thermal resistance was 0.064 °C/W
when heat input was 36.4 W. Similarly, as shown in Fig. 8(b), the thermal resistances of the 0.5 vol %
CuO/water nanofluid-PHP after sedimentation were slightly higher than those of well dispersed
CuO/water nanofluid-PHP. The maximum increase of thermal resistance was 0.079 °C/W when
heat input was 18.2 W. In addition, the thermal resistances of SiO2/water nanofluid-PHP and
CuO/water nanofluid-PHP at concentration of 0.5 vol % were still lower than that of distilled
water-PHP after nanoparticles sedimentation. According to the visual observation, the nanoparticles
could disperse again in the working fluid after nanoparticles sedimentation except for a few
nanoparticles would attach to the inner wall of PHP. Therefore, the influence of nanoparticles
sedimentation on the heat transfer performance of PHPs was relatively small.
(a)

(b)

Figure 6: Photographs of 0.5 vol% SiO2/water nanofluid in PHP (a) just charged; (b) after 3 days
(a)
(b)

Figure 7: Photographs of 0.5 vol% CuO/water nanofluid in PHP (a) just charged; (b) after 3 days
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Figure 8: The thermal resistance of PHPs before and after sedimentation of nanoparticles
(a) 0.5 vol % SiO2/water nanofluid and (b) 0.5 vol % CuO/water nanofluid

4.

CONCLUSIONS

In this paper, a visual experiment was conducted and the start-up performance and heat transfer
performance of PHPs charged with different concentrations of nanofluids (SiO2/water and
CuO/water nanofluids) were compared with distilled water-PHP. The main conclusions were as
follows:
(1) The start-up performance of PHPs charged with SiO2/water nanofluids was worsened
compared with that of distilled-water PHP, while CuO/water nanofluids had less effect on the
start-up performance of PHP.
(2) PHPs charged with SiO2/water nanofluids (0.2 vol %, 0.5 vol % and 0.8 vol %) and CuO/water
nanofluids (0.2 vol %, 0.5 vol %, 0.8 vol % and 1.0 vol %) showed lower thermal resistances
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compared with distilled water-PHP. The heat transfer performance of PHP charged with 1.0 vol %
SiO2/water nanofluids was worsened at lower heat input (≤ 54.6 W) while opposite at higher heat
input (> 54.6 W). The influence of nanofluids on the heat transfer performance of PHPs was
depended on the influence of nucleation sites, the thermal conductivities and the dynamic
viscosities of nanofluids.
(3) The sedimentation of nanoparticles was observed in the experiment. The thermal resistances
of PHPs charged with 0.5 vol % SiO2/water nanofluid and 0.5 vol % CuO/water nanofluids before
and after nanoparticles sedimentation were compared. The nanoparticles could disperse again in
the nanofluids during the operation of PHPs and the influence of nanoparticles sedimentation on the
heat transfer performance of PHP was relatively small.
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NOMENCLATURE
P
Q
R
T
φ

electrical input power (W)
heat input (W)
thermal resistance (°C/W)
temperature (°C)
ratio of heat input to electrical input power

e
c

Subscript Greek symbols
evaporation section
condensation section
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ABSTRACT
This paper studies the performance of various pin regenerator geometries for rotatory
magnetocaloric refrigerators. This is done by directly simulating the fundamental phenomena that
takes part in magnetic refrigeration: magnetic, fluid and thermal fields. After a separate analysis, the
full 3D Active Magnetic Regenerator (AMR) cycle is simulated for a selected group of geometries.
Then, conclusions are drawn taking into consideration the separately computed phenomena and the
performance of the AMR. The main conclusion is that an increased tortuosity increases the pressure
losses and heat transfer of the surges but decreases the conduction losses. The latter can be directly
linked to an increased performance of the AMR.
Keywords: Magnetic refrigeration, direct simulation, Active Magnetocaloric Regenerator,
demagnetization, tortuosity.

1. INTRODUCTION

Nowadays commercial refrigeration technology is based on transferring heat by exploiting a liquidgas phase transition. Magnetic refrigeration presents a relatively new way to transport heat by
employing a magnetic phase transition of the refrigerant. The refrigerant of magnetic regenerators
is solid, and during its operation is kept in the vicinity of its Curie temperature (𝑇𝐶 ). This temperature
defines the boundary between ferro- and paramagnetic states and crossing them, suddenly changes
the thermodynamic properties of the solid refrigerant. Because the refrigerant is solid (usually a rare
earth), there are no issues concerning atmospheric pollutants or noise from the compressionexpansion stages. The phase transition of magnetocaloric refrigerants is triggered by an external
magnetic field. Paramagnetic states are defined by having an atomic arrangement that produces no
resultant remanent magnetic field in the solid crystals. This is due to the relatively random orientation
of the atomic magnetic moments. By applying an external magnetic field, the disordered magnetic
moments align, and in an adiabatic environment, the entropy associated to the magnetic state
becomes thermal entropy (the temperature increases, see Eq. (1)):
𝑠𝑡𝑜𝑡𝑎𝑙 = 𝑠𝑚𝑎𝑛𝑔𝑒𝑡𝑖𝑐 + 𝑠𝑡ℎ𝑒𝑟𝑚𝑎𝑙

Eq. (1)

This happens vice versa, so if a Magneto-Caloric Material (MCM) is ferromagnetic under the
influence of and external magnetic field, when the applied magnetic field is retrieved, the MCM cools
down. Most published prototypes attempt to introduce this heat exchange in a Brayton-like
thermodynamic cycle (see Kitanovski et al. (2015)) with the help of a Heat Transfer Fluid (HTF) to
transport the heat to the sink and source. The steps of the thermodynamic cycle have traditionally
been the following: 1. Magnetization 2. Fluid surge to the hot sink 3. Demagnetization 4. HTF surge
to the cold source. The work that drives the temperature change of the MCM (the Magneto-Caloric
effect, MCE), usually comes from the dipole forces of (de)magnetizing the MCM regenerator with a
permanent magnet:
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𝐹𝑑𝑖𝑝𝑜𝑙𝑒 = ∫ (𝑴 ⋅ ∇)𝑩𝑑𝑉

Eq. (2)

The relatively low heat exchanged in these magnetic phase transitions, and the large inertia of the
required permanent magnets, have led many scientists to develop rotatory refrigerators. These
machines have the MCM and the permanent magnet arranged in coaxial cylinders (or disks). That
way the frequency of operation can be increased (increasing the power of the machine) and the
inertia of the moving part evens out the peaks and valleys of the input torque. A thorough review of
the developed rotatory prototypes can be found in Yu et al. (2010).
With a rotatory configuration in mind, it is yet unknown which would be an optimal geometry for the
MCM regenerator. Indeed, a relatively high magnetic field is needed to trigger the MCE (1T~2T), and
samples suffer from a demagnetization of geometrical origin. This must be coupled with the
requirements of a fast heat transfer between the MCM and the HTF, in order to be able to increase
the operational frequency. Moreover, the viscous losses are largely influenced by the regenerator
geometry. Many authors have numerically investigated the performance of such regenerators by
varying global geometrical parameters like the porosity of a particle bed (𝜀 = 𝑉𝑓𝑙𝑢𝑖𝑑 /𝑉𝑠𝑜𝑙𝑖𝑑 ) or the
plate thickness and spacing. Most published regenerators are made of plates or packed beds.
Generally, when the hydraulic diameter of those porous mediums increases, the cooling power
increases in detriment of the efficiency. However, most of these numerical studies have employed
averaged correlations to characterize underlaying physical phenomena. This paper tries to tackle
the question of optimum performance by directly simulating the three physical phenomena that
coexist in a magnetic regenerator: magnetic, flow, and thermal field. In addition, a yet unexplored
geometrical parameter is analyzed: the tortuosity of the fluid flow.

2. NUMERICAL CODE
The physical phenomena that takes part in the simulations involved in this study was described and
validated in detail by Mugica et al. (2018). The magnetostatic field was computed by a magnetic
scalar potential, and different domains had a constant relative magnetic permeability. The fluid flow
as computed solving the Navier-Stokes equations with a constant viscosity. The transport of thermal
energy was computed with the flow calculated by Navier-Stokes, and a source term in the solid
domain that represents the MCE:

𝜇0 𝑇

𝜕𝑀(𝐻, 𝑇) 𝜕𝐻
|
𝜕𝑇
𝜕𝑡
𝐻

Eq. (3)

The solver uses the finite volume method to solve the involved partial differential equations. All
differential terms were discretized by second order accurate numerical schemes.

3. RESULTS AND DISCUSSION
The regenerators studied in this paper are composed of clusters of pins, oriented parallel to the
applied magnetic field, and perpendicular to the HTF flow. This configuration seeks to minimize the
shape demagnetization of the MCM. Fig. 1 and Table 1 summarize the dimensions of the crosssections of those pins.
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Figure 1: Description of the simulated pin cross-sections. From left to right: circle, square, foil,
ellipse, hexagon, and plate.
Table 1. Values of the geometrical parameters of Fig. 1. All pin cross sections are 𝟏𝒎𝒎𝟐 .

r

0.5642mm

a

0.7979mm

s

1mm

b

1.5958mm

𝒓𝒇

1.12mm

e

0.25mm

j

106.26deg

L

4mm

A

0.6204mm

In addition to the different cross-sections, two pin arrangements were tested: straight and staggered
(see Fig. 2). Straight clusters have the center of the pins aligned to each other in both cartesian
directions. Staggered clusters have alternate columns of pins aligned to the interstice of the
neighboring pins. The size of the interstices was always the same for both Cartesian directions, for
all 𝜀 cases.

Figure 2: On the left, straight and staggered arrangements of pins. On the right, schematic view of
the tested regenerators. The HTF flows parallel to L.
Table 2. Dimension of the simulated regenerators (see Fig. 2). All regenerators have 24 pins,
and H=4mm for all cases.

W [mm]

L [mm]

𝜀

0.5

0.625

0.75

0.5

0.625

0.75

Circle and Square

11.314

13.064

16

4.243

4.899

6

Foil

12.426

14.945

19.22

3.863

4.282

4.995

Ellipse

12.846

15.385

19.686

3.737

4.16

4.877

Hexagon

10.668

12.416

15.349

4.5

5.155

6.255

Straight Plate

12

16

24

4

4

4

Staggered Plate

12.67

13.849

13.849

3.788

4.891

6.932

In the following subsections, the mentioned physical phenomena are simulated and analyzed
separately. The final subsection will verse on the 3D direct numerical simulation of some of the
presented pin regenerators. All solvers were presented and validated by Mugica et al. (2018).
3.1. Demagnetization
The total demagnetization of the presented geometries (Fig.1 and Table 2) cannot be analytically
calculated (Morrish (2001)). Instead, magnetostatic numerical simulations of such pin clusters were
ran. Martinez-Huerta et al. (2013) presented Eq. (3), which approximates the total demagnetization
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of a porous medium through the demagnetization of its particles (𝑁𝑠𝑒𝑙𝑓 ) and the macroscopic bed
(𝑁𝑚𝑎𝑐𝑟𝑜 ):
𝑁𝑇 ≈ 𝑁𝑠𝑒𝑙𝑓 + (𝑁𝑚𝑎𝑐𝑟𝑜 − 𝑁𝑠𝑒𝑙𝑓 )(1 − 𝜀)

Eq. (4)

The simulated clusters were 10mm high, had an applied magnetic field of 1T, and were made infinite
by symmetry boundary conditions in the W and L directions (Fig. 2). A Grid Sensitivity Analysis (GSA)
determined a minimum surface cell size of 6𝜇𝑚 for the pins. The simulation of isolated pins gave
𝑁𝑠𝑒𝑙𝑓 ≈ 0.0595 for all cases.

Figure 3: Demagnetization of clusters of 10mm high pins of Fig. 2. The demagnetization of the infinite
macroscopic bed was set to 𝑵𝒎𝒂𝒄𝒓𝒐 = 𝟏.

Fig. 3 shows the computed demagnetization of clusters of different 𝜀 and 𝜇𝑟 = 2 (which is similar to
the one of Gadolinium (Gd), see Mugica et al. (2018)). Staggered clusters show a slightly higher
demagnetization. The maximum discrepancy with Eq. (3) is around 0.1 for the straight clusters of
𝜀 = 0.5. All in all, the tendency seems quite linear, so Eq. (3) might be a good approximation for
packings of high 𝜀 and low 𝜇𝑟 .
3.2. Pressure Head
Fig. 4 shows the pressure head of the regenerators presented in Table 2, calculated through a 2D
simulation. Fluid velocity and thermal GSA yielded a minimum cell size of 9.375𝜇𝑚 for the fluid
domain and 12.5𝜇𝑚 for the solid domain. Fluid and solid domain properties can be found in Table 3.
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Figure 4: Pressure head of the geometries of Table 2, for the operational point of 𝒇 = 𝟏𝑯𝒛 and 𝝋 =
𝟎. 𝟓. Lines were drawn for a better visualization. Continuous lines refer to staggered cases and
discontinuous to straight cases.
Table 3. Physical properties of the simulated fluid and solid domains.

𝝆 [𝒌𝒈/𝒎𝟑 ]

𝒄 [𝑱/(𝒌𝒈 ⋅ 𝑲)]

𝝀 [𝑾/(𝒎 ⋅ 𝑲)]

𝝁𝒇 [𝒎𝑷𝒂 ⋅ 𝒔]

Fluid

981

4330

0.52

1.6

Solid

7900

variable, see
Mugica et al. (2018)

10.5

-

Figure 5: Tortuosity (see Eq. (4)) of the staggered regenerator geometries of Table 2. The left graph
shows the lower tortuosity cases of the right side graph.

∫ 𝑡𝑟(𝑙)𝑑𝑙
−1
𝐿

Eq. (5)

𝑈𝑖𝑛𝑙𝑒𝑡 𝐴𝑖𝑛𝑙𝑒𝑡 𝜌𝑓 𝑐𝑓
4𝑓𝑉𝑠 𝜌𝑠 𝑐𝑠

Eq. (6)

1
4𝑡𝑓

Eq. (7)

𝜏=

𝜑=

𝑓=

Fig. 5 shows the tortuosity (𝜏, Eq. (4)) of the staggered regenerators of Table 2. The tortuosity was
calculated as an average of 103 streamlines that were longer than the computational domain (L, see
Fig. 2). From Fig. 4 and 5 it can be concluded that the larger the tortuosity, the larger the pressure
pressure losses of the staggered configurations.
3.3. Heat transfer
2D thermal simulations of the cases presented in the last section were ran. The initial temperature
gradient was linear, and the temperature span was 2K. An additional 1.5K was added to the MCM
domain (Gd), to mimic the MCE. The simulations were done in two stages. First one had no HTF
flow. The second one started from the temperature field of the first one and had the HTF flow of the
last section 2.2. Both stages lasted for 0.25s. Fig. 6 shows the average normal temperature gradient
in the fluid flow, for some of the geometries of Fig. 1.
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𝝏𝑻

Figure 6: Evolution of the average in the fluid domain at the surface of the pins. Left had 𝝋 = 𝟎. 𝟓
𝝏𝒏
and right 𝝋 = 𝟏. 𝟓. Continuous lines refer to staggered cases and dashed lines to straight cases.

The heat transfer between phases depicted in Fig. 6 shows some improvement for the staggered
cases of higher tortuosity.
Another set of simulations was ran to check the conduction losses of each of the presented
geometries. This was like the first stage presented earlier, but without the supplementary 1.5K of the
solid domain. Fig. 7 shows how there is not much difference for the staggered cases with low
tortuosity. However, the staggered plates (a case with noticeably larger 𝜏 ) shows a great
improvement.
2

𝑆𝑐𝑜𝑛𝑑

𝜆𝑓 𝜕𝑇𝑓
𝜆𝑠 𝜕𝑇𝑠 2
= ∫ 2(
) + 2 ( ) 𝑑𝑡
𝑇𝑓 𝜕𝑥
𝑇𝑠 𝜕𝑥

Eq. (8)

Figure 7: Generated entropy by conduction, see Eq(8).

3.4. AMR simulation
Due to the heavy cost of computation, only the AMR cycle of a selected group of geometries was
calculated: staggered plates, staggered circles, and straight plates. The applied magnetic field was
1T at the magnet boundary with an airgap of 2mm. The magnetic field swiped through the positive
direction of r (Fig. 8) at constant velocity, determined by the frequency of operation (1Hz). The
regenerator of interest (dark) was accompanied by neighboring half regenerators (grey) connected
by a periodic boundary condition to mimic the magnetic field of a rotatory regenerator (see Fig. 8).
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Figure 8: Staggered plate AMR regenerator case of 𝜺 = 𝟎. 𝟓. Up, dark plates represent the part that
takes place in the AMR simulation. Down, applied magnetic field [T].

The radius of the rotatory machine is assumed to be much larger than the height of the pins (4mm),
so curvature effects were neglected. Fig. 9 shows the temperature span of the regenerator (Δ𝑇𝑟𝑒𝑔 ),
working at zero cooling load, and a constant temperature of 300K at the cold heat exchanger.
Staggered plates show the best performance. This is believed to be related to the decreased
conduction losses of Fig. 7. Indeed staggered and straight plates have a similar demagnetization
(Fig. 3) and similar 𝑁𝑢 at 𝜑 = 0.5 (Fig. 6), but very different Δ𝑇𝑟𝑒𝑔 at 𝜑 = 0.5 in Fig. 9. Staggered
circles and straight plates show a decreasing Δ𝑇𝑟𝑒𝑔 with an increasing 𝜀. This means that, for those
cases, the decreased heat transfer of higher porosities overwhelms the decrease in demagentization
and conduction losses.

Figure 9: Temperature span of the AMRs at zero cooling load for staggered plates (red), staggered
circles (green), and straight plates (blue). Symbols represent different porosities.

4. CONCLUSIONS
Various pin AMR geometries have been studied by directly simulating the physical phenomena they
usually undergo. Tortuosity acts like a local velocity multiplier, due to the increased length the fluid
needs to travel to get to the other side of the regenerator (at the same mass flowrate). This increases
both the pressure head of the regenerator, and the Nusselt number (specially for high 𝜑 cases). The
highest tortuosity cases also present a distinctly lower conduction losses, which can be directly linked
to a higher Δ𝑇𝑟𝑒𝑔 . Furthermore, higher 𝜏 cases favor higher porosities, meaning that the benefit of
the reduced demagnetization and conduction losses of high 𝜏 and 𝜀 cases, outgrows their
diminished Nusselt number.
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NOMENCLATURE
𝜀

Porosity (-)

𝑓

Frequency (Hz)

Gd

Gadolinium

HTF

Heat Transfer Fluid

𝑁

Demagnetization factor (-)

Nu

Nusselt number (-)

MCE

Magneto-Caloric Effect

MCM

Magneto-Caloric Material

S

Specific entropy (𝐽 ⋅ 𝑚−3 𝐾 −1)

𝜏

Tortuosity (-)

T

Temperature (𝐾)

𝑡

Time (s)
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ABSTRACT
This paper presents an overview of the refrigerants in use in France within the European framework
of phase down of HFC quantities put on the European market defined by the F-gas regulation,
(UE) 517/2014. Alternative options are analysed by application sector: domestic, Food-industry,
retail and tertiary applications, transport refrigeration, mobile air conditioning, chillers and air
conditioning equipment. The methodological approach of this study consists first in describing
refrigerants used according to the specifications of each application sector. Secondly, authors have
summarized applicable regulations and standards which dramatically impact the possible use of
available technical options. Authors provide, in a synthetic manner, the most commonly proposed
alternatives per application tacking trade-offs between the following key parameters: GWP,
flammability and or toxicity, volumetric capacity, cost, availability on the market and energy
efficiency. Analyses are based on a literature review but also on end user, equipment manufacturer
and refrigerant producer interviews. Finally, the authors present limits and levers to the development
of alternatives, focusing on regulatory constraints and need of specific training.
Keywords: Refrigeration, GWP, Alternatives, COP, Energy Efficiency, fluorinated gases, HFC.

1. INTRODUCTION
In the context of the review and the enter into force of the F-Gas European regulation (EU
n° 517/2014), a lot of refrigerants have been developed, new technologies have been proposed by
producers and manufacturers. How to compare them? GWP is not the only issue. Using low GWP
refrigerants can impact the cost of the equipment but also the safety or the energy consumption.
Choices are especially difficult for end-users who have to comply with several regulations and need
to use efficient equipment, taking into account the costs.
The authors of this paper carried out two studies funded by the AFCE (a French association acting
for a sustainable use of refrigerants) in order to assess the alternatives to high GWP HFCs by
application for the main refrigeration and air-conditioning sectors, based on literature and expert
interviews. They propose to compare, for each referent application, the different alternative solutions
by using a six-criteria radar-type indicator. In the second study, the progresses of previously
identified options have been analysed. There was also a focus on the impact of refrigerant on the
energy efficiency of equipment and on the strong regulatory constraints, which are presented in this
paper.

2. OBJECTIVES
The objectives of the study are:
• To list and describe, from a thermodynamic point of view, the available refrigerants, by
application, to replace traditionally used high-GWP HFCs: hydrocarbons, ammonia, CO2,
pure HFOs, mixtures composed of HFCs and HFOs or HC;
• To identify the linked technical options but also the technological developments related to the
use of these alternatives;
• To analyse the advantages and disadvantages of each option, particularly in terms of energy
consumption;
• To explain the standards and regulations linked with the use of the proposed alternatives;
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•

To make an inventory of existing training courses and identify the needs for the
implementation of alternatives.

3. METHODOLOGY
For the purposes of this study we used the segmentation used in the UNEP RTOC reports, based
on eight major areas of application: Domestic refrigeration, Commercial refrigeration, Refrigerated
transport, Industrial refrigeration (Agri-food Industries), Air conditioning systems, Chillers, Heat
pumps and Mobile air conditioning.
A summary sheet has been established for each selected application in the segmentation resulting
from the analysis of the user sectors of refrigeration and air conditioning. Each summary sheet
consists of 3 parts.
The first part is a description of the reference system. it gives information for each relevant
application such as the most commonly used high-GWP HFC, the refrigerant bank in France, a
summary of the regulations applicable to the sector in France and in Europe.
The second part presents technical alternatives for new installations. A multicriteria indicator
graphically represents 6 technical and economical parameters in order to highlight the advantages
and disadvantages of each option.
Table 1. Notation of criterion

Criteria
GWP
Energy
Efficiency
Safety

0

1
Very low
(<10)

2
Low
(<150)

Excellent
Class A1

3
Medium
(<300)

Indicators
4
Quite high
(<750)

5
High
(<1500)

Medium

Classes A2L and
B2L

6
Very high (>1500)
Bad

Classes A2 and B2

Classes A3 and B3

Cost

Low

Medium

High

Availability

Mature option or
widely available
refrigerant

Several pilots in France
or in other countries

Laboratory tests or
foreseeable refrigerant shortage

Sufficient

Medium

Insufficient

Volumetric
capacity

A score of 0 to 6 is assigned to each of the 6 selected technical and economical parameters. The
"0" is the best score that can be awarded, and the "6" the lowest. On these "radars" a small surface
therefore corresponds to an interesting option. The rating criteria are as follows.
4. REGULATION AND STANDARD STATE OF THE ART
Since its entry into force on January 1st, 2015, the European Regulation (EU) 517/2014 called
"F-Gas" has introduced a progressive reduction of the quantities of HFCs authorized to be sold on
the European market as well as sectoral bans of use, for new equipment and for the maintenance of
refrigeration installations. As a result, the regulation and the use made of their quotas by HFC
producers have strongly constrained the market. At the same time, the regulatory and normative
framework is evolving rapidly (Figure 2). Ecodesign regulations impose increasingly ambitious
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targets, in terms of energy efficiency, for a certain number of equipment in the refrigeration and air
conditioning sectors. The “product” standards (60335 series) impose charge limits and warning
requirements for flammable refrigerants. The standard EN 378, 2017 version, updates the safety
and environmental requirements, integrates the new refrigerant category A2L and introduces new
indexes for the calculation of limit charge and the notion of risk analysis throughout the installation
lifecycle. Finally, the French regulation concerning fire safety in public buildings prohibits the use of
flammable refrigerants to date, which is a limit for the development of low-GWP alternative options.
ISO 5149
A2L

EN 378 A2L

IEC 60335-2-40
(A2L)

IEC 60335-2-89
(A2L/A2/A3)

Flammability

IEC 60335-2-40
(A2/A3)

IEC 60335-2-34

Low GWP
refrigerant

commercial
sealed
equipment GWP
< 150

GWP < 2500
(servicing)

Dir Eco
conception
2009
Energy
Efficiency

1253/2014

813/2013

Split AC (<3kg)
GWP < 750

2016/2281

206/2012

2015/1095

643/2009

Installations
classified for
the protection
of the
environment

-69% HFC teq
CO2

-55% HFC teq
CO2

-37% HFC teq
CO2 & eq precharged
equipment

F-Gas 517/2014

814/2013

Directive IED
2010

Transposition
SEVESO III

Law ICPE 76

PED 97/23/CE

Pressure
Equipment
DIrective

DESP
2014/68/UE
Decree
20/11/2017

CTP 7/07/2014

…..

Decree 20171595
nomenclature

2014

2015

2016

Updated CTP ?

2017

2018

2019

2020

2021

2022

2023

2024

Figure 2. Schedule of entry into force of regulations and standards
5. REFRIGERANT SUBSTITUTES
The study presents the substitutes currently available for each of the 3 main refrigerants (R-134a,
R-404A and R-410A) by distinguishing between retrofit substitutes and long-term substitutes for new
installations or equipment.
According to the 2016 refrigerant inventory analysis (Barrault, 2016), those 3 refrigerants represent
more than 85% of the refrigerant bank in France in 2016.
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Figure 3. 2016 refrigerant bank – all sectors
5.1.

R-134a and its substitutes

R-134a substitutes are different depending on applications and their use started at very different
dates.
Table 2. Data on candidates to R-134a replacement

Standardized
Compositions
name

GWP

Safety
Class

R-134a

-

1430

A1

R-600a

-

3

A3

R-1234yf

-

4

A2L

R-1234ze(E)

-

7

A2L

R-1234yf /
R-134a
89.8 /10.2
et 88.8/11.2

149
164

A2L

R-451A
et B

T critical and
T normal
boiling (glide)
TC = 101°C
TNe = -26°C
TC= 134.6°C
TNe =-11°C
Tc = 94.7°C
TNe= 29.5°C
TC = 109.6°C
TNe= -19°C
TC = 95.3°C
TNe=-30.8/
-30.5°C
TNe= -31/
-30.6°C

Vol.
capacity
relative
to
R-134a

COP
relative
to
R-134a
COP

1

1

1

1,1

0.98

1

0.89

1.07

-

-

The replacement of R-134a by isobutane (R-600a) started as soon as 1996 and was extremely fast,
once the maximum charge of 150 g and safety measures for domestic refrigeration were taken.
The main application of R-1234yf to replace R-134a is mobile air conditioning. Given the technical
difficulties due to the very high CO2 pressures, the increased costs and the uncertainty of
maintenance possibilities in a global market, the choice of R-1234yf which, from the point of view of
implementation, required minor adaptations without change of component costs, has been made.
Otherwise, for commercial refrigeration applications, R-1234yf is a refrigerant with thermodynamic
characteristics and energy performance very close to or even slightly higher than R-134a.
For centrifugal chillers several manufacturers already sell centrifugal units with R-1234ze (E) to
replace R-134a. This replacement assumes specific developments since the volumetric cooling
capacity of R-1234ze (E) is slightly more than 10% lower than R-134a. Centrifugal unit
manufacturers announced gains in energy efficiency of 7 to 10%.
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In applications where the equipment value is high and its lifetime long (typically 10 to 20 years), the
retrofit of R-134a can be interesting. This is particularly the case of volumetric chillers. R-513A and
R-450A are two A1 refrigerants and with GWP values of 631 and 603 respectively. Peer-reviewed
publications show that those refrigerants are "drop-in" refrigerants and that the energy performances
are superior to those of R 134a.
5.2.
R-404A and its substitutes
Several R-404A replacement refrigerants are already on the market.
Propane (R-290) is used by a number of stand-alone display case manufacturers, this equipment is
designed with a fully welded circuit. The increased use of R-290 with the higher level of A3 refrigerant
charges as defined in EN 378 standard. R-454C blends and R-455A with a GWP lower than 150 are
long-term replacements for R-404A. These refrigerants show test results with energy efficiency 10%
higher than R-404A on refrigerated cabinets. This has to be confirmed for other applications.
CO2 (R-744) replaces R-404A either only at the low temperature where it feeds display cases or cold
freezing rooms or at both temperature levels (frozen and fresh products); the operation is then in
transcritical cycle.
Replacement refrigerants of R-404A used in retrofit are all non-flammable refrigerants (A1). Indeed,
it is not possible to retrofit to A3 or A2L flammable refrigerant because the equipment is not designed
for. As a result, all intermediate refrigerants include R-125 to neutralize the flammability of A2L
components. The GWP of R-125 being 3500, all these refrigerants have a GWP greater than or
equal to 1400, which is objectively a GWP gain of more than a factor 2 with respect to R-404A but
which is only a transient option to extend the equipment lifetime, in commercial refrigeration, in
industrial process refrigeration and in refrigerated transport.
5.3.

R-410A and its substitutes

For the replacement of R-410A in air conditioning, replacement refrigerants must meet very strict
criteria for both volumetric refrigeration capacity and energy efficiency.
The current trend for large companies is clearly to use replacement refrigerants that have energy
performance and volumetric refrigeration capacity equal to or greater than R-410A. As shown in the
table below, those candidates are R-32 and mixtures containing more than 65% R-32 (R-452B and
R-454B). The first R-32 units are currently marketed in Europe and since 2016 in Japan and
Southeast Asia.
From a thermodynamic point of view, R-290 is more a substitute for R-22 than for R-410A, with a
volumetric cooling capacity 10% lower. From an energy point of view, the properly implemented R290 presents an energy efficiency equal to or slightly higher than R-410A. It is marketed in Europe
in small "stand-alone" equipment and in individual "splits" air-conditioning systems in China and
India; however, due to its high flammability (A3), it is not adopted as an option by major international
manufacturers.
The replacement of R-410A by R-32 or mixtures with high R-32 content raises long-term issues
because of the R-32 GWP of 675 kg CO2 eq. The publication of Pham, (Pham, 2016) poses the
possible tracks. The substitution by CO2 raises questions of technological developments and costs
that seem insurmountable considering the energy penalty that the transcritical cycle represents for
the typical conditions of use of air conditioners, that is to say for outdoor temperatures above 25°C
and up to 50°C.
The known HFOs (R-1234yf and R 1234ze (E)) cannot be used currently given a volumetric cooling
capacity of 40% lower than that of R-410A. Mixtures with GWP <150 limit the R-32 content to about
20%. Developments of new compressors and circuits for such mixtures are needed.
Publications and technological developments will need to be carefully monitored to identify what
would be the new routes for the use of GWP<150 refrigerants suitable for stationary air conditioning
systems.

6. ALTERNATIVES PER APPLICATION / SEGMENT
The analysis of replacement options is done by application sector and concerns, on the one hand,
new installations and, on the other hand, installations in operation for which the retrofit or drop-in
options are more limited.
For domestic refrigeration, R-600a is now the only refrigerant used in Europe in refrigerators and
freezers, and now achieves the A ++++ label in terms of energy efficiency.
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The literature establishing energy comparisons between different options mainly concern, for this
sector, the replacement of R-134a by a pure HFO and the replacement of R-404A by an HFC-HFO
mixture. The trends are that R-1234yf provides a cooling capacity and an energy efficiency
comparable to R-134a (Sethi, 2016). R-1234ze (E) requires larger swept volume compressors to
achieve the cooling capacity of R-134a, which has no effect on energy performance. For the
replacement of R-404A several HFC-HFO blends are developed. According to (Sethi, 2016--b),
measurements on freezer or cold room equipment using R-448A (GWP 1387) or R-455A (GWP 148)
show an improvement in energy efficiency from 4 to 9% compared to R-404A, depending on the
case. According to (Minor, 2016), the R-454C (GWP = 148) is an energy-saving A2L alternative for
small charge equipment, to replace R-404A. The tests show a low energy consumption and a good
compatibility of materials and oil used. Alternatives to high-GWP refrigerants exist for condensing
units. However, not all products are mature and personnel trained in the use of flammable
refrigerants is still scarce. These facts push some manufacturers to choose HFO (R-1234yf or
R-1234ze). CO2 begins to be proposed including by major manufacturers (Leong, 2017).
Manufacturers also offer R-448A or R-449A as a transition refrigerant to meet immediate demand,
but this option is not sustainable.
Different alternatives to direct expansion systems using R-404A are currently available for
centralized super and hypermarket installations. The European Commission report of 4 August 2017
(European Commission, 2017) makes an initial assessment and shows that on the one hand the
R-134a / CO2 options are energetically efficient and well established in Europe and that, on the other
hand, the alternatives "transcritical CO2" tend to reduce their cost and energy consumption.
Recent technological progress allows transcritical CO2 installations to improve their energy efficiency
and to be considered in a temperate / warm climate, even if the experience feedback needs to be
consolidated, for the medium-temperature level (Sawalha, 2017, 2015). The HFC-HFO mixtures with
GWP close to 600, prove to be effective substitutes for R-134a in the HFC / CO2 cascade systems
and can be considered, for some, as quasi-drop-in options. Options with GWP below the threshold
of 150 exist (R-455A, R454C). Still very scarce in France, indirect systems or cascade systems with
ammonia are used in Europe and are very effective, especially in cascade system (Winter, 2012).
However, the maintenance needs for commercial refrigeration installations using R-404A remain
significant. The proposed replacement refrigerants with GWP around 1300 can reduce energy
consumption by 4 to 20% depending on the configurations, in the cases studied in the literature.
The air-conditioning sector massively uses R-410A. For hermetically sealed systems, R-290 is an
option but its use is currently limited to hermetic portable units. In split or multi-split systems, the
alternative is R-32. According to (Mota-Babiloni, 2017), R-32 presents three advantages over
R-410A: A lower GWP, the charge reduction and the energy efficiency improvement. However, its
discharge temperature requires technical optimization of the systems. For high-capacity multi-split
systems, VRF and Rooftop systems, there is currently no alternative other than R-32 that is proven
more efficient than R-410A. The ORNL report (Abdelaziz, 2016) on the low-GWP alternatives for
rooftops shows that the proposed alternatives, with GWP between 450 and 750, provide better
efficiency than R-410A. However, the substitutes studied have a higher GWP than 250.
Heat pumps, which transfer the heat in a water loop, use mainly R-410A. Again, R-32 is offered by
several Japanese brands. R-290 is already on the market outside Europe and will probably see its
use growing in France, driven by European companies (Makhnatcha, 2014). For both replacement
refrigerants, the energy efficiency achieved is equal to or greater than that of R-410A.
For Mobile Air Conditioning, due to the ban of refrigerants with GWP higher than 150 (Directive
2006/40/EC), R-1234yf is the refrigerant chosen by the equipment manufacturers. Studies such as
(Papasavva, 2014) have shown that, placed in a global context, R 1234yf is a better alternative than
CO2. The mass production of automotive air conditioning with this refrigerant, whose efficiency
compared to R-134a has been demonstrated, is in place.
For centrifugal chillers, the European market is dominated by R-134a. The most common alternative
is R-1234ze, which is 5-10% more energy efficient than R134a (Kasai, 2013). R-1233zd, which is
an HCFO, has also established itself outside Europe, replacing R-123 (HCFC banned by the
Montreal Protocol). By order of decreasing capacity, the alternatives for chillers with volumetric
compression are R-290, R-32, ammonia, and R-1234ze for the highest power, alternative options
allowing both a gain in GWP and a reduction in energy consumption.
For medium-temperature direct-expansion systems used in industrial processes, ammonia is already
widely used as an alternative to R-404A. Other options are R-1234yf or R-1234ze. For lowtemperature applications, ammonia is also possible in cascade at both temperature levels. The
ammonia / CO2 cascade remains the option allowing the best gains in terms of energy consumption.
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R-404A can also be replaced by R-455A or R-454C, whose measured energy efficiencies are higher
than R-404A according to the first feedback. Currently there is no low-GWP mixture and lowtemperature glide suitable for flooded installations.
Finally, in the field of refrigerated transport, the alternative to R-404A is, currently, R-452A. CO2
technology is now available on the market.

7. LIMITS AND LEVERS TO THE DEVELOPMENT OF ALTERNATIVES
The implementation of alternatives to high-GWP HFCs faces two major issues:
• Training programs to acquire specific skills in the use of refrigerant substitutes
• The current regulations leave little space for the use of alternatives.
Forward-looking management of jobs and skills must be a priority of the sector to sustain the
profession of refrigeration by relying on existing diplomas, certificates or professional titles and the
updating of the Employment / Activities / Competencies Frameworks of the Ministry of Labor.
Modeled on the requirements of the F-Gas, the standards must evolve to integrate the new skills
and knowledge required to handle alternative refrigerants.
For obvious safety reasons, refrigeration technicians handling hydrocarbons, which are flammable
refrigerants (A3), must acquire knowledge of good handling practices, charge limits (EN 378),
drafting of risk analysis (EN 378) and ATEX regulations.
The refrigeration technicians involved in CO2installations must know the specificities of this highpressure refrigerant recalled below:
• Thermodynamic properties unsuitable for traditional uses;
• Low-temperature limitation (triple point -56.6°C);
• Critical temperature +31°C; 73.6 bars (for comparison R-404A at 72.1°C, 37.3 bars) so no
condensation above the critical point;
• Traditional single and double-stage applications require transcritical compressor operation;
• Very high discharge pressure;
• Component design;
• Problem of oil return.
For refrigerants operating at pressures higher than 85 bars, PED (Pressure Equipment Directive)
rules and associated standards and in-service inspections shall be applied when handling CO2.
Toxicity concerns essentially ammonia. The French Decree of 16 July 1997 requires operators to
ensure professional qualification and specific safety training for its personnel. The staff may be
assigned to conduct or monitor refrigeration facilities (subject to Item 4735) or likely to operate on
them (Article 54). This training includes exercises to become familiar with the wearing of the
breathing apparatus and the rules of safety of the installation in case of leakage. In addition,
refrigeration technicians must acquire knowledge on risk analysis drafting (EN 378).
Most of low-GWP refrigerants offered are refrigerant mixtures with a higher or lower temperature
glide. In particular, the selection of compressors and evaporators is no longer based on the
evaporation temperature (at constant pressure) but on the average of the evaporator inlet – and
outlet temperatures. In addition, refrigeration technicians must acquire knowledge on risk analysis
drafting (EN 378) because of their low flammability.

8. CONCLUSIONS
In conclusion, the study, freely available on the AFCE website, provides the reader with an overall
picture of refrigerant alternatives to high GWP HFCs per application. The comparison of the
proposed options has been based on the feedback of the owners and operators referred to facilities
using these alternatives, on guarantees from equipment manufacturers and on publications
submitted to peer review committees.
The safe implementation of alternative options requires special skills for operators handling these
refrigerants. A number of European Directives already require adequate training to be provided for
personnel working with alternative refrigerants. The lack of a European certification requirement may
suggest that there is no binding requirement for training on HFC substitutes, which is not at all the
case.
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ABSTRACT
Frost formation on the fins of outdoor evaporators of heat pump systems degrades system
efficiency. Several experimental and theoretical studies investigated using hydrophobic and
hydrophilic surface coatings to inhibit frost formation, with promising results; however, most of
the models available consist of empirical correlations.
This paper presented an update to the droplet condensation and growth portion of the
comprehensive, three-stage frost model from Harges and Cremaschi (2018b). The updates
include a model for droplet coalescence, which seems to have significant impact on droplets
that grow larger than 125 µm. It also includes a new freezing time correlation. With these two
updates, the model predictions agreed well with new data of large droplets forming on flat
aluminum surfaces at high surface temperature from the present work as well as the data of
small droplets on low surface temperatures from previously published studies in the literature.
Keywords: Frost, droplet condensation, freezing time, contact angle, heat pump

1. INTRODUCTION
When frost forms on the fins of outdoor evaporators operating within heat pumps, system
efficiency is degraded due to the additional thermal resistance of the frost layer as well as to
airflow blockage through the fins. Frost growth also leads to the need for defrosting the heat
exchangers, and too many defrost cycles significantly reduce the system efficiency of heat
pump systems. Several experimental studies investigated surface coatings to inhibit frost
growth, and they indicated promising results. A few researchers modeled frost growth with
various hydrophilic and hydrophobic coatings but the models are mainly empirical. There is also
not a clear distinction among the different stages of frost growth, specifically droplets growth
until their freezing, crystal growth on the top of the ice beads, and frost layer growth. Because
surface coatings affected the first one of these stages, such distinction is key in order to capture
the effect of surface energy on the onset of frost nucleation.
In the range of temperature, humidity, and air speed that are common in heat pump
applications, condensation and growth of supercooled liquid water droplets occurs first. Then
crystals develop at the top surfaces of the iced droplets – the so-called “crystals growth” phase
– and finally a more or less homogeneous frost layer develops on the top of the crystals and
penetrates within the voids (Hoke et al., 2000). For the latter phase, frost is typically
characterized by average thermodynamic properties. However, surface coatings alter the
contact angle of droplets and affect their potential displacements on the surface. Thus, surface
energy is a main parameter during the droplets growth period until they freeze. The following
phases of crystal growth and frost growth depend on the location, density, and dimensions of
the ice beads. Indirectly, one can argue that the effects of coatings are observed in the frost
growth phase because of the initial nucleation characteristics. But it is difficult to isolate and
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quantify the effects of surface coatings if we do not take into account the initial period of frost
nucleation when modeling frost growth. Only a few researchers, according to authors’ best
knowledge, developed models that included more than one of the three stages of frost growth
into a single continuous event. Seki et al. (1985) modeled droplet condensation and growth
stages. The droplet model presented in their paper takes into account the contact angle of the
surface, but since it lumped frozen droplets into equivalent layers of ice and porous frost, effects
of surface energy and contact angle of the supercooled liquid droplets on the subsequent frost
growth are not apparent. In the current work, updates are described to the droplet growth phase
description of the three-stage model for frost growth presented in the authors’ prior work
(Harges and Cremaschi, 2018b). The model was improved and validated using data gathered
as part of this research as described in detail in the authors’ previous paper (Cremaschi et al.,
2019). For completeness and clarity, a brief description of the experimental methodology and
data reduction are summarized next.

2. EXPERIMENTAL METHODOLOGY
The test facility consisted of a closed-loop wind tunnel that provided airflow at controlled
temperature, humidity, and speed. A second smaller wind tunnel, shown in Fig. 1(a), was
installed inside the large wind tunnel; this small wind tunnel housed the test section. Two
thermoelectric coolers (TECs) and an in-house built stainless steel heat flux meter controlled
the surface temperature of the test plate during frosting. An infrared (IR) camera was positioned
above the test section and captured images of the test plate through a zinc selenide window
built into the top of the small wind tunnel. A High Resolution Charged Couple Device (HR CCD)
camera was located at the front or, in repeated tests, at the side of the test plate, as shown in
Fig. 1(b). The IR camera measured droplet size during condensation and immediately after
freezing, while the HR CCD camera measured droplet size directly after freezing as well as
subsequent frost thickness. The sensors shown in Fig. 1(a) measured the time dependent heat
flux, air dry bulb and dew point temperatures before and after the test plate, airflow rate, air
static pressure, and air pressure drop across the test plate. A nitrogen displacement technique
was used to limit the variation of surface temperature during the first few minutes of the test,
as well as to prevent condensation before the test plate cooled to the specified set temperature.
Further detail on the test apparatus and methodology can be found in Cremaschi et al. (2019).
1: Gradual Converging Duct
2: Inlet T, Dew Point, and P
3: Test Plate with top coating(s)
(a)
4: Outlet T, Dew Point, and P
5: Air Flow Nozzle
6: Flow Control Valve
7: Constant Speed Fan
8: TECs attached to the bottom of stainless-steel
T-block heat spreader and embedded thermocouples
for measuring cooling heat flux to the test plate

IR Camera
(top)

Frost
Growth
Airflow
direction

Closed Air Flow Tunnel Facility

Airflow
direction
8

HR CCD
Camera
(front position)

HR CCD
Camera
(side
position)

Heat Flux
Direction

(b)

Figure 1: (a) Schematic of main test apparatus, (b) Illustration of the HR CCD camera and IR camera
with respect to the test plate

Each test plate was a rectangular, aluminum bar of 25 mm in length (in the airflow direction),
152 mm in width and 6 mm in thickness. The channel above the plate was 4 mm high in order
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to mimic a reasonable fin spacing. Haque and Betz (2018) provided a detailed description of
the coatings used on the top surfaces of the test plates. The first plate was uncoated aluminum
and had a contact angle, θ, of about 75°. The second plate had a super-hydrophobic coating
(θ ≈ 110-116°) and the third plate had a super-hydrophilic coating (θ ≈ 19-29°).
Fig. 2 shows some examples of IR images taken of the water droplets on the uncoated
aluminum surface at different test conditions. The lighter-colored droplets in Fig. 2(b) were in
the midst of freezing and they appeared lighter in color because of their release of latent heat
at their instant of freezing. The “freezing duration” was defined as the time it took from the first
droplet to the last droplet to freeze. The field of view through the top window was at the center
location of the flat plate (see Fig. 1(b)) and the assumption was that this location was a
representative region of the entire flat surface. The freezing duration was generally between
one and four minutes, with a few exceptions for particular environmental conditions. This
freezing duration was used to calculate the “freezing time” for each test, which is defined as
indicated in Equation 1 below.
1
𝑡" = $𝑡"%&&'()* ,)-&. − 𝑡.&-. -.0%. 1 + 𝑡"%&&'()* 56%0.(,)
2

Eq. (1)

Images such as those presented in Fig. 2 were also used to measure the frozen droplet radius
for each test. In order to extract the average radius, the images were digitalized and scaled.
Individual droplet diameters were measured and an area-weighted average was calculated and
considered to be representative of the droplet diameter for each test. The uncertainty on the
droplet radius depends on the pixel resolution of the IR camera, the magnification, and the level
of fuzziness and focus of the images when droplets developed on the surface. We estimated
our uncertainty in the droplet diameter to be ±55 μm during the initial growth phase and until
they froze on the surface. After freezing, the variation of their diameter was within the
uncertainty of the IR camera and a HR CCD video-scope measured the crystals growth and
subsequent frost layer thickness on the top of the droplets. The average droplet diameters for
Fig. 2(a), (b), and (c) were 2.14 mm, 1.08 mm, and 0.52 mm, respectively.

(a)

(b)

(c)

~ 2.14 mm
~ 1.08 mm

~0.52 mm

Figure 2: Images from IR camera showing droplet diameter when freezing for (a) Ts = -3°C, air flow
@ 3.8 m-s-1, and rd = 1.07 mm; (b) Ts = -3°C, air flow @ 1.7 m-s-1, rd = 0.54 mm; and (c) Ts = -6°C, air
flow @ 3.8 m-s-1, rd = 0.26 mm (air at 5°C and 80% R.H)

3. MODEL DEVELOPMENT
3.1.

Droplet Radial Growth Rate

The authors’ previous work (Harges and Cremaschi, 2018b) provides a detailed description of
the methodology used for modeling the radial growth rate of the droplets. For completeness of
this paper, the key equations are presented here and summarized next.
The heat transfer rate to an individual droplet was calculated using Equation 2 and an initial
guess value of the temperature of the water-humid air interface, Ti. This was based on the
resistance between the bulk air stream and the surface of the droplet. The first term in Equation
2 is the rate of sensible heat transfer, while the second represents the latent heat transfer rate.
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Eq. (2)

The model then performed iterative processes to calculate the actual Ti using resistances to
heat transfer as outlined in the conventional well-known dropwise condensation theory. Once
the interface temperature was estimated, the model calculated the radial growth rate of the
liquid droplet by using Equation 3.
1
ℎC $𝜌E,? − 𝜌E,( 1
𝑑𝑟5
𝐴𝐶
=
𝑑𝑡
𝜌5 (1 − cos (𝜃)); (2 + cos (𝜃))

Eq. (3)

Finally, the new droplet radius was calculated using Equation 4.
𝑟5,)&M = 𝑟5,,N5 +

𝑑𝑟5
∆𝑡
𝑑𝑡

Eq. (4)

The model repeated these calculations for every time step until the specified freezing time. At
this time the droplets froze and the droplet radius did not change anymore. This is another
modeling assumption made based on our experimental observations. Crystals began to
develop on the ice beads until a frost layer started to accumulate on the top of the crystals.
3.2.

Freezing Time

The freezing time of the droplets on the surface determined the period of droplets growth, and
was instrumental in how large they became at the onset of frost nucleation. An equation for the
freezing time was developed in Harges and Cremaschi (2018b) using data available in the open
literature. However, though the correlation predicted well the droplet freezing times of data
available in published literature, our previous correlation did not match the freezing times
measured in the experimental portion of the current study. We speculated that the reason was
higher surface temperature, lower air temperature, and different surface roughness of our data
with respect to those data from which the original freezing time correlation was developed. In
other words, the discrepancy was too large and well above the experimental uncertainty and
the sensitivity of the correlation to temperature, humidity, and air velocity and we concluded
that it was not directly applicable to the test conditions of the current study. A new equation was
generated using statistical nonlinear regression techniques and it resulted in a second order
polynomial equation. The data used to generate the equation included all the freezing time data
used to generate the previous freezing time equation (a total of 96 data points from Tao et al.,
1993, Kim et al., 2016, Hoke et al., 2000, and Bryant, 1995) as well as the freezing time data
from the current study (a total of 39 data points). The best fit is given by Equation 5 below. In
Equation 5, Ja is the modified Jakob number as defined in Hermes (2012), except that in this
study the latent heat of vaporization is used in place of the latent heat of sublimation. Fig. 3
shows the comparison of the freezing time predicted by the Equation 5 and the data.
𝑡" = (2.42 × 10TU ) ∙ 𝐽𝑎; + 10.35513 ∙ 𝑇- ; + 371.804 ∙ 𝑇- + 0.28703 ∙ 𝜃 + 3327.787
3.3.

Eq. (5)

Droplet Coalescence

Equation 5 was used with the droplet model from Harges and Cremaschi (2018b) to predict the
frozen droplet radii measured. Unfortunately, the model severely under predicted the data
points by almost a factor of five times. Furthermore, even when the measured freezing time
from our experiment was used as an input to the model (rather than using an equation for
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freezing time), the predicted frozen droplet radius was still too small. It should be emphasized
here that our model agreed quite well with the data in the literature for which the droplets
diameter were less than 125 µm. However, the frozen droplets in our new data were much
larger than those observed in the literature (more details are in Harges and Cremaschi, 2018b).
Again, we speculated that the discrepancy could have been due to differences in temperatures
and surface roughness. Because of low surface temperature, existing droplet freezing models
assumed that each individual droplet grew by water vapor condensation and without any
interactions with the surrounding droplets. However, our IR data indicated that water droplets
coalesced on each other during their growth phase and before they turned into ice beads. It
appeared that while droplet coalescence phenomena had small (or negligible) effects for small
droplets, when the droplets grow larger than 125 µm, the coalescence phenomenon has to be
considered for predicting the droplet diameter at their onset of freezing.

Figure 3: Predicted vs. measured freezing time

To begin the investigation into droplet coalescence, the number and times of droplet
coalescence events were determined for each test. This was done by choosing a droplet of
average size from the IR camera footage and tracing it backwards until it was smaller than our
IR image uncertainty and not distinguishable from the other surrounding droplets in the
immediate neighboring region. The times of each coalescence event were recorded and the
ratio of droplet size increase due to the coalescence was measured. In the present data, the
droplets increased by an average of 33% during each coalescence event; this percent increase
was assumed constant in the model and might need to be investigated further in future follow
up research. The ratio of increase was embedded in a constant, C, to calculate the new droplet
radius, as shown in Equations 6 and 7, which replaced Equation 4.
𝑟5,)&M = 𝐶 ∙ 𝑟5,,N5 +

𝐶= ]

1
1.33

𝑑𝑟5
∆𝑡
𝑑𝑡

𝑛𝑜 𝑐𝑜𝑎𝑙𝑒𝑠𝑐𝑒𝑛𝑐𝑒
𝑤𝑖𝑡ℎ 𝑐𝑜𝑎𝑙𝑒𝑠𝑐𝑒𝑛𝑐𝑒

Eq. (6)

Eq. (7)

It was also observed that the number of coalescences, N, was well described by a logarithmic
type expression that was a function of the freezing time only, as given in Equation 8. When used
in the model, the freezing time input to Equation 8 was calculated by Equation 5.
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𝑁 = 2.3324 ln$𝑡" 1 − 12.194

Eq. (8)

The model calculated the number of coalescence events before freezing and determined when
each coalescence occurred. In the experiments, liquid droplets grew for a certain period before
they came close enough to each other to produce a coalescence event. In the present model,
an average coalescence time for the first coalescence event was calculated from the present
data, and the model placed the first coalescence event at about one fourth of the total freezing
time. After the first coalescence event, the next coalescence event occurred after approximately
the same length period. In the present model, the representation of the coalescence events were
given by Equations 9 and 10,
𝑡"
4

Eq. (9)

$𝑡" − 𝛼1
𝑁

Eq. (10)

𝛼=
𝛽=

in which the coalescence events occurred at times α, α + 𝛽, α + 2𝛽, and so on. It worth
emphasizing in here that the coalescence approach presented in this paper was developed using
data for the uncoated aluminum surface and its applicability to other surfaces with superhydrophilic and super-hydrophobic coatings is part of authors’ future work.

4. MODEL VALIDATION
To decouple potential sources of systematic errors, two validations of the model prediction were
conducted. First, the actual measured freezing time from the data was entered as direct input
to the model. The model then calculated the droplet radius at the onset of freezing with and
without taking into consideration the coalescence phenomena.
Fig. 4 shows the predicted versus the measured frozen droplet radius. Fig. 4(a) provides the
results of the predicted frozen droplet radius when the coalescence effects were neglected and
Fig. 4(b) shows the comparison when the present coalescence model described in section 3.3
was used in conjunction with the measured freezing time from the data. It is obvious that when
coalescence effects were not considered, the data points were significantly under predicted.
The newly developed coalescence model corrected this discrepancy even though some of the
data points were still not predictable.
A second validation of the model was then performed by using the updated freezing time
equation as an input to both Equation 8 and the overall droplet condensation and growth model.
Fig. 5 below shows the predicted and measured frozen droplet radius for this validation case.
The updated droplet condensation and growth model presented in this paper could predict a
fairly large range of droplet sizes under a wide variety of test conditions: from small droplets
measured in the published studies to large droplet measured in the experimental portion of this
work. The model predictions followed the trends of the data and some discrepancies were
observed for few points. The reason might be associated to the average values that were used
for developing the freezing time correlation and coalescence events model. From this point of
view, the discrepancies of a few data points in Fig. 5 highlight that the present average-based
value model worked well to capture trends and the order of magnitude of the droplet radius at
the onset of freezing. But more specific freezing time and droplet coalescence phenomena
models are still needed in order to improve its accuracy for even broader ranges of
environmental conditions and for various surface coatings.
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(a)

(b)

Figure 4: Predicted vs. measured frozen droplet radius (a) without coalescence effects, and
(b) with the coalescence model

Figure 5: Predicted vs. measured frozen droplet radius

5. CONCLUSIONS
This paper presented updates to the droplet condensation and growth models that were part of
the three-stage frost growth model presented in authors’ previous work (Harges and Cremaschi,
2018b). These updates reflected the need to be able to model large droplets at their onset of
freezing, as shown in the data of authors’ previous work (Cremaschi et al., 2019) and for which
exiting frost models failed to predict such large diameters. The updates included a model for
droplet coalescence phenomena, which appeared to affect droplets when their predicted
diameters became larger than 125 µm, and droplets freezing time. The number of coalesce
events for a single droplet was given as function of the freezing time, and the size increase for
each coalescence event was about 33% in average. With these updates, the present model
predicted a fairly large range of droplet sizes under a broad range of test conditions: from small
droplets measured in the published studies to large droplets measured in the experimental
portion of this work. Future work is needed to investigate freezing time and coalescence events
when specific environmental conditions and various surface coatings are adopted.
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NOMENCLATURE
AC
C
cp
h
Hfg
hm
N
𝑄̇
r

droplet area coverage (-)
size increase for coalescence (-)
specific heat (J×K-1)
heat transfer coefficient (W×m-2×K-1)
latent heat of vaporization (J×kg-1)
mass transfer coefficient (m×s-1)
number of coalescence events (-)
heat transfer rate (W)
radius (m)

Subscripts
a
air
d
droplet
i
water-humid air interface
s
test plate surface

T
Tdew
tf
Δt
α
β
θ
ρ
ω
sat
v
ꝏ

dry bulb temperature (K)
dew point temperature (K)
freezing time (s)
time step (s)
constant for tf calculations (-)
constant for tf calculations (-)
contact angle (°)
density (kg×m-3)
humidity ratio (kg water × kg dry air)
saturation
vapor
bulk humid air stream
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ABSTRACT
A rotary booster driven free-cooling unit using ambient cold was proposed for small and medium
sized data center free cooling. The influences of heat exchanging area, refrigerant charging quality
and condenser fan frequency on cooling capacity, rotary booster power and energy efficiency ratio
(EER) were studied experimentally under different working conditions. Results indicated both the
cooling capacity and EER increase with the refrigerant charging quality. With the increase of indoor
and outdoor temperature difference Δt, the rotary booster power reduced to about 0.6 kW while the
temperature difference was 25℃. And the EER was improved by appropriately reducing the
frequency of the condenser fan. When the refrigerant charging quality was 5 kg and condenser fan
frequency was 30Hz, the cooling capacity of free-cooling unit with dual heat exchangers was 20.2
kW and the EER was 18.4 when the indoor and outdoor temperature difference was 25℃.
.
Keywords: Free Cooling, Rotary Booster, Data Center, Heat Exchanging Area, Refrigerant Charging
Quality.

1. INTRODUCTION
The booming of information technology has given rise to tremendous changes in human life. In
recent years, with the advancement of computer and electronic technology, the demand for data
processing, data storage and digital communication has increased, and the data center industry has
developed rapidly [1-2]. The power consumption of the data center is expected to increase by about
140 billion kWh per year by 2020 [3].
The data center is mainly comprised of three parts: IT equipment, air conditioning system and
power supply and distribution system [4]. Cooling equipment is the most important energyconsuming auxiliary facility in the data center, and its energy consumption usually accounts for 3050% of the total energy consumption [5-7]. The traditional data center cooling system is the computer
room air conditioner (CRAC) [8-9]. Conventional cooling system compressors operate year-round
even at night or winter when outdoor ambient temperatures are low, resulting in lower energy
efficiency [10]. Natural cooling technology, that is, when the outdoor temperature is lower than the
indoor temperature, use a natural cold source to cool the data center [11]. Natural cooling in data
centers can be divided into three categories: air-type natural cooling, liquid-type natural cooling, and
heat pipe-type natural cooling. Among the three types of natural cooling technologies, the heat pipe
type natural cooling technology has superior temperature control characteristics, can transfer heat
with a small temperature difference, and the heat exchange is safe and reliable, without crosscontamination, and is suitable for natural cooling of the data center, showing great application
potential. [12].
When the system is complicated, the separated thermosiphon only relies on gravity, and the heat
pipe loop cannot be ensured for work stably. The liquid phase heat pipe driven by the refrigerant
pump improves the problem of insufficient driving force of the gravity type split heat pipe. Ma et al
[13-14] designed a pump driven two-phase cooling unit for data center by natural cooling. The
research shows that when the indoor and outdoor temperature difference is 10 °C, the pump driven
two-phase cooling unit COP is 5.88; when the indoor and outdoor temperature difference is 20 °C,
the unit COP can reach 10.41. Wang et al [15-16] proposed a power-type split heat pipe refrigeration
system. The cooling capacity and COP of the heat pipe module are approximately linear with the
indoor and outdoor temperature difference. When the indoor and outdoor temperature difference is
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23 °C, the cooling capacity and COP are respectively 31 kW and 14.8, the power-type split heat pipe
unit has significant energy saving and emission reduction advantages. Zhou et al [17-18] applied the
pump driven two-phase cooling unit to a small data center in Beijing, and studied its operation
performance. Based on the engineering application, the pump driven two-phase cooling unit was
analyzed to get energy saving rate and investment recovery period in different cities with different
climates in China.
The separate heat pipe system driven by the liquid pump addresses the issue of the operational
stability of the gravity type separated heat pipe, but the cavitation problem of the liquid pump makes
the system unstable. The gas-phase heat pipe driven by the booster improves the above problem.
The booster cannot only provide sufficient power for the circulating working medium, but also the
pressure increase brought by the driving force can improve the condensation of the working medium
in the condenser, and improve the efficiency and stability of the system operation. Chen Dong et al
[19] carried out the experiment of air pump drive loop heat pipe, the experimental working medium
is R22, and the gas pump adopts a 107 W refrigerator compressor. The experiment is shown that
the pressure difference between the front and rear of the driving device is below 0.4 bar, and the
heat transfer function can be realized between the cold and heat sources at a long distance. Wei et
al [20] proposed applying the gas pump driven loop heat pipe to the data center to achieve energy
savings. The experimental analysis of the influence of the relative height of the gas-liquid separator
and the evaporator inlet on the system performance. Shi et al [21] proposed a gas-pressurized
separation heat pipe circulation technical scheme. The results show that when the indoor and
outdoor temperature difference is 20 °C, the gas pressure-separated heat pipe cycle can be used to
replace the conventional vapor compression refrigeration cycle and meet the heat dissipation
requirements of the machine room. Li et al. [22] proposed a rotary booster driven loop heat pipe
cooling unit for small data centers. The study shows that the rotary booster can better utilize the
natural cooling source to achieving data center cooling than the standard compressor.
In data center cooling technology, natural cooling technology can effectively reduce cooling power
consumption. Heat pipes have attracted considerable attention as devices for effectively utilizing
natural cooling sources. For power-type heat pipes, how to optimize system energy efficiency is one
of the main tasks. In this paper, a novel rotary booster driven free-cooling unit is proposed. The
effects of heat exchange area, refrigerant charging quality and condenser fan frequency on cooling
capacity, rotary booster power and energy efficiency ratio (EER) are analyzed.

2. THE ROTARY BOOSTER DRIVEN FREE-COOLING UNIT
The Figure 1 is a schematic diagram of a rotary booster driven free cooling unit. The main
components of the unit include rotary booster, condensers, evaporators, gas-liquid separators and
throttle valves. The rotary booster that modified rolling rotor compressor powers the working medium
with an operating frequency of 50 Hz, a rotational speed of 2880 r/min and a displacement of 36
cm3. Both the evaporator and the condenser are tube-fin type heat exchangers with the same
structural specifications, and are equipped with the same type of axial fan. The heat exchanger
specifications are shown in Table 1, and the single heat exchanger area is 25.6 m2. The gas-liquid
separator can reduce the pressure pulse at the start of the unit and improve the stability of the system
operation.
1, 2, 3, 4 - heat exchanger inlet shut-off valve, 5, 6, 7 8 - three-way valve, 9, 10, 11, 12 - heat exchanger

outlet shut-off valve, 13, 14 - condenser, 15, 16 - evaporator, 17- rotary booster, 18-gas-liquid
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separator, 19 - mass flow Meter, 20, 21, 22 - sampling fan, 23 - differential pressure measuring point,
24 - nozzle
Fig.1. Experimental setup of rotary booster-driven loop heat pipe energy recovery device
Table. 1 Specifications of the heat exchanger.

Parameter

Value/mm

Copper tube outer diameter do
Copper tube thickness δt

10
0.5

Copper tube inner diameter di

9

Copper tube length l

500

Fin thickness δf

0.2

Fin pitch sf

2.3

3. EXPERIMENTAL METHODS
The experiment is carried out in a enthalpy different laboratory. The rotary booster condenser and
gas-liquid separator are arranged in the outdoor simulation test room, and the evaporator is arranged
in the indoor simulation test room and connected to the air volume measuring device.In Fig. 1, ○
T
and T○
w respectively indicate the arrangement of the dry bulb temperature and the wet bulb
temperature measuring point, and the pressure measuring point arrangement is represented by ○
P.
The working medium of the unit is R22. According to the "Code for Design of Data Center GB501742017", the indoor ambient temperature is set to 25℃, and the outdoor ambient temperature is set to
-5 to 20℃. In the experiment, in order to ensure the large air volume of the indoor, the evaporator
fan frequency is always 50 Hz.
3.1.

Performance factors

Heat exchange area: The unit charge is 4kg, and the condenser fan frequency is 50 Hz. Among
them, the single heat exchanger unit experiment, the shut-off valves 1, 3, 10, 12 are closed, open
the shut-off valves 2, 4, 9, 11, using the condenser 13 and the evaporator 15; double heat exchanger
unit experiment, open the Shut-off valves of the heat exchanger all.
Refrigerant charging quality: Under the condition that the double heat exchanger and the
condenser fan frequency are kept at 50 Hz, the system charging quality is changed from 2 to 5kg.
Condenser fan frequency: Under the condition of double heat exchanger and charging quality of
4kg, change the condenser fan frequency. The condenser fan frequency conversion range is 20-50
Hz.
3.2.

Performance evaluation parameters

In this experiment, the performance of the unit is mainly evaluated by three performance
parameters, namely cooling capacity Q, total unit power Punit and energy efficiency ratio EER.

Table. 2 Main parameters of instruments
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Measuring instrument

Precisio

Range

producer

mode

Thermal couple
Pressure sensor

± 0.2℃
n
± 0.2%

-30~150℃
0-25bar

Omega
Huba

Coriolis mass flow

± 0.2%

500kg/h

SINCERITY

T type
YD512
thermocouple

RTD
meter
Power meter

±0.1℃
±0.1%

0.00~60.00℃
300V

YOKOGAW

WT230

Data acquisition unit

±0.03%
±0.1%

0–100mA
6kW

Agilent
A

34970A

±0.002
±0.06%

0–10V
100Hz

DMF-1

NRHS3/3wire

4. EXPERIMENTAL
RESULTS AND DISCUSSION
%
−40–60℃
4.1.

Heat exchanger area

±0.06 ℃

As can be seen from Fig. 2, as the indoor and outdoor temperature difference ΔT increases, the
power of the rotary booster gradually decreases, and the increase in the number of heat exchanger
groups ( heat exchange area) increases the power of the rotary booster. When ΔT is 5 °C, the singleheat exchanger rotary booster power is 0.57 kW, and the dual heat exchanger rotary booster power
is 1.16 kW. With the increase of indoor and outdoor temperature difference, the difference between
the two booster powers is reduced; when the indoor and outdoor temperature difference is 25 °C ~
30 °C, two kinds The booster power input value is similar under the different heat exchanger area.
Under the same indoor and outdoor temperature difference, the heat exchanger area increases and
the booster power increases. When the indoor and outdoor temperature difference is between 25 °C
and 30 °C, the power curve of the air pump is approaching that the large indoor and outdoor
temperature difference weakens the effect of the increase of the heat exchange area and the power
input of the rotary booster.
Figure 3 shows the variation of the cooling capacity with the indoor and outdoor temperature
difference when the unit is equipped with different heat transfer areas. It can be seen from Fig. 3 that
the cooling capacity of the single heat exchanger increases with the increase of the indoor and
outdoor temperature difference, and the cooling capacity is stable at 10.4 kW when the indoor and
outdoor temperature difference is 25 ° C to 30 ° C. After the area of heat exchangers increases, the
cooling capacity is higher than that of single heat exchangers under various indoor and outdoor
temperature differences. The cooling capacity increases first and then decreases with the increase
of indoor and outdoor temperature difference. The cooling capacity is 20 °C when the temperature
difference is 20 °C. It reached a peak of 18.6 kW. Compared with a single heat exchanger, the dual
heat exchanger reduces the condensing pressure when the temperature difference between the
indoor and outdoor is large, which causes the supply pressure to the evaporator and circulation to
decrease, and eventually the cooling capacity increases first and then decreases with the increase
of indoor and outdoor temperature difference.
As we can see from Fig. 3. With the increase of indoor and outdoor temperature difference, the
EER of a single heat exchanger increases with the increase of indoor and outdoor temperature
difference. When the indoor and outdoor temperature difference is between 20 °C and 30 °C, EER
of the single heat exchanger tends to be stable at 12.5. The EER of the dual heat exchanger
increases first and then decreases with the increase of the indoor and outdoor temperature
difference. When the indoor and outdoor temperature difference is 25 °C, the EER of the dual heat
exchanger reaches the peak value of 15.2.
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Single heat exchanger-Rotary
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Dual heat exchanger-Rotary booster

1.5

Power input P/ kW

Single heat exchanger-Unit

1
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0
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35
Indoor and outdoor temperature difference Δt / ℃

Fig. 2 Variation of power in different heat transfer area
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6
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Fig. 3. Variation of cooling capacity and EER in different heat transfer area

4.2.

Refrigerant charging quality

The effect of different charge quantities on the performance of the rotary booster driven free
cooling unit is shown in Fig. 4-5.
Fig.4 shows the variation of the power under different indoor and outdoor temperature differences.
when the indoor and outdoor temperature difference is 5 °C , the rotary booster power increases as
the charging quality increases, the minimum power is 1 kW; Δt is greater than 15 °C, the rotary
booster power input decreases with the increase of the charge, and the minimum power input of the
rotary booster is 5 kg. At the time, the minimum power input is 0.6 kW (Δt = 25 °C). When the indoor
and outdoor temperature difference is less than 5 °C, the increase of the charging quality will worsen
the condensation condition, and the rotary booster exhaust temperature will increase, resulting in an
increase in the booster power input. When the indoor and outdoor temperature difference is larger
than 15 °C, the increase of the charging quality improves the problem that the rotary booster is
overheated and the specific volume is increased, so the power input of the rotary booster is gradually
reduced.
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It can be observed from Fig. 5 that the change of the cooling capacity is basically the same with
different indoor and outdoor temperature differences as the charging quality is different. When the
charging quality is 5 kg, the cooling capacity attains the maximum value under the indoor and outdoor
temperature difference. When the indoor and outdoor temperature difference is 20 °C, the cooling
capacity reaches 20.4 kW. It can be seen from Fig. 5 that under the same indoor and outdoor
temperature difference conditions, The change of EER increases first and then becomes gentle with
the increase of charge quality . When the charging quality is 5 kg, the EER attains the maximum
value under the indoor and outdoor temperature difference, and the indoor and outdoor temperature
difference is 20 °C. The EER reached 15.6.
2

Power input P/ kW

1.5

1

Rotary booster-Δt=5℃
Rotary booster-Δt=15℃
Rotary booster-Δt=25℃
Unit-Δt=5℃
Unit-Δt=15℃
Unit-Δt=25℃

0.5

0

1.5

2

2.5

3
3.5
4
4.5
Charging quality /kg

5
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21
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8

EER

Cooling catacity Q/ kW

Fig.4. Variation of power with different charging quality
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4
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0

Charging quality /kg
Fig.5. Variation of cooling capacity and EER with different charging quality

4.3.

Condenser fan frequency

The effect of different condenser fan frequencies on the performance of the rotary booster driven
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free cooling unit is shown in Fig. 6-7.
As shown in Fig. 6, both the rotary booster power input and the total unit power decrease as the
indoor and outdoor temperature difference increases. The rotary booster power input increases as
the condenser fan frequency increases. The indoor and outdoor temperature difference is 30 °C, the
condenser fan frequency is 50 Hz, and the rotary booster power input has a minimum value of 0.56
kW. The total power input of the unit needs to consider the power input of the rotary booster and the
axial fan. When the indoor and outdoor temperature difference is 30 °C and the outdoor fan is 30 Hz,
the total power input of the unit has a minimum value of 1 kW.
It can be seen from Fig. 7 that no matter how the frequency of the outdoor fan changes, as the
temperature difference between indoor and outdoor increases, the cooling capacity increases first
and then decreases. The maximum cooling capacity of the unit appears at Δt=25°C, the condenser
fan frequency is 30 Hz, and the maximum cooling capacity is 20.2 kW. Properly reducing the
frequency of the condenser fan can increase the condensing pressure, ensure the liquid supply
pressure of the liquid refrigerant to the evaporator, and improve the problem that the system
circulation is reduced owing to the excessive indoor and outdoor temperature difference.
Fig. 7 shows the variation of the EER of the unit with different condenser fan frequencies (50 Hz,
40 Hz, 30 Hz) with the temperature difference between indoor and outdoor. With the increase of
indoor and outdoor temperature difference, the EER of the unit increased first and then decreased.
Under different indoor and outdoor temperature differences, the maximum EER of the unit: when the
indoor and outdoor temperature difference is 5 °C, the EER of the outdoor fan 50Hz is 8.15; when
the indoor and outdoor temperature difference is 10 °C, the EER of the outdoor fan 40Hz is 11.1;
When the indoor and outdoor temperature difference is 15 °C, the EER of the outdoor fan 40Hz is
14.7; when the indoor and outdoor temperature difference is 20 °C, the EER of the outdoor fan 40Hz
is 17.1; when the indoor and outdoor temperature difference is 25 °C, the EER of the outdoor fan 30
Hz reaches all the work. The peak value is 18.9; when the indoor and outdoor temperature difference
is 30 °C, the EER of the outdoor fan 30Hz is 17.4; as the indoor and outdoor temperature difference
increases, appropriately reducing the condenser fan frequency will increase the EER of the unit.
2

Power input P/ kW

1.5

1

Rotary booster-50 Hz
Rotary booster-40 Hz
Rotary booster-30 Hz
Unit-50 Hz
Unit-40 Hz
Unit-30 Hz

0.5

0

0

5

10

15

20

25
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Indoor and outdoor temperature difference Δt / ℃

35

Fig .6. Variation of power with different condenser fan frequency
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Fig .7. Variation of cooling capacity and EER with different condenser fan frequency

5. CONCLUSIONS
A rotary booster driven free-cooling unit is proposed and designed to analyze the heat exchanging
area, refrigerant charging quality and condenser fan frequency to the cooling capacity, rotary booster
power and energy efficiency ratio in the outdoor ambient temperature range of -5 °C to 20 °C. The
conclusions were drawn as follows.
(1) As the indoor and outdoor temperature difference increases, the rotary booster power
decreases. Improving the heat exchanger area increases the cooling capacity of the unit. When the
charge is 4 kg and the condenser fan frequency is 50 Hz, the cooling capacity of the unit of the single
heat exchanger is 10.4 kW (the indoor and outdoor temperature difference is 25 °C), and the cooling
capacity of the unit of the dual heat exchanger is 18.4 kW (indoor and outdoor temperature difference
20 °C). The rotary booster power will increase due to the increase in heat exchange area. When the
indoor and outdoor temperature difference is 5 °C, the rotary booster power of the single heat
exchanger is 0.57 kW, and the rotary booster power of the dual heat exchanger is 1.16 kW. The
EER of the dual heat exchanger unit is higher than that of the single heat exchanger.
(2) When the indoor and outdoor temperature difference is less than 15 °C, the rotary booster
power increases with the increase of the charging quantity, and the minimum value of the rotary
booster power input is 0.83 kW (charging quantity 3kg); When the indoor and outdoor temperature
difference is greater than 15 °C, the rotary booster power input decreases as the charging quantity
increases. When the charging quantity is 5kg, the minimum rotary booster power is 0.56 kW (the
indoor and outdoor temperature difference is 30 °C). The cooling capacity increases as the amount
of charging quantity increases and tends to be flat. When the charging quantity is 5kg, the cooling
capacity reaches the maximum value under the indoor and outdoor temperature difference at 20°C,
the cooling capacity reaches a peak of 20.2 kW. Increasing the charging quantity can increase the
EER of the unit when the temperature difference between the indoor and outdoor is large.
(3) As the indoor and outdoor temperature difference increases, the cooling capacity of the unit
can be increased by appropriately reducing the condenser fan frequency, but at the same time, the
rotary booster power is also increased. In summarize, when the unit operates at indoor and outdoor
temperature difference of 5 ~ 10 ° C, 15 ~ 20 ° C, 25 ~ 30 ° C, in order to make the unit energy
efficiency ratio is the best, the condenser fan frequency can be set to 50 Hz, 40 Hz, 30 Hz.
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NOMENCLATURE
Δt
A
m
P

indoor and outdoor temperature difference(℃)
heat exchanging area (m2)
mass flow rate (kg·h−1)
Power input (kW)

EER
h
Q
ΔP

energy efficiency ratio
air enthalpy (kJ·kg−1)
heat transfer rate (kW)
pressure difference (Pa)
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ABSTRACT
It is expected that the temperature rise of solution in the liquid desiccant dehumidification process
can be restrained by adding microencapsulated phase change materials (MicroPCMs) to the
desiccant solution. The heat and mass transfer process of the falling film dehumidification with the
microencapsulated phase change material slurry (MPCMS) were simulated. The influences of the
concentration of MicroPCMs and the inlet temperature of the slurry on the dehumidification were
investigated. The results show that, with the addition of MicroPCMs, the temperature rise in
dehumidification process can be restrained. There is an optimum concentration of MicroPCMs to
reach the peak value of interfacial mass transfer coefficient. When the concentration of MicroPCMs
is 5%, the water condensation rate is 14.2% higher than that of the base fluid. It is recommended
that the slurry inlet temperature be close to the onset melting temperature of MicroPCMs.
Keywords: liquid desiccant, microencapsulated phase change material slurry, falling film, heat and
mass transfer, simulation.

1. INTRODUCTION
Relative humidity of air is an important factor affecting the thermal comfort of indoor air environment.
The liquid desiccant dehumidification technology can utilize the lower surface water vapor partial
pressure of the solution to absorb water vapor in the air, and can be regenerated by using low-grade
energy sources, such as solar energy and industrial waste heat, which has many advantages over
the traditional dehumidification method (Yin et al., 2014). Especially in areas with large humidity
loads, it has obvious energy saving potential.
During the dehumidification process, the condensation of water vapor will release a large amount of
latent heat, which will cause the temperature rise of the solution and lead to a decline of the mass
transfer driving force. In order to solve the problem of solution temperature rise, the internal cooling
dehumidifier is an effective option (Liu et al., 2014 and 2016). However, the internal cooling
dehumidifiers still consume additional external energy, which weakens the advantages of solution
dehumidification technology.
It is expected that the temperature rise of solution in the liquid desiccant dehumidification process
can be restrained by adding microencapsulated phase change materials (MicroPCMs) to the
desiccant solution (Niu et al., 2017). MicroPCMs has a particle diameter in the range of 1 to 1000
μm (Pania et al., 2015). The microcapsules are dispersed in a base fluid to form stable phase change
material microcapsule slurry (MPCMS). MPCMS has been widely studied in recent years due to its
high heat storage capacity and good heat transfer characteristics (Delgado et al., 2012). Studies
have shown that MPCMS not only has the heat storage capacity of traditional phase change
materials, but also has the heat transfer characteristics of micro-nano fluids (Sohn and Chen,1981).
At present, most researches on MPCMS focus on its heat transfer characteristics in a circular tube
or micro-channel heat exchanger (Zeng et al., 2009; Liu et al., 2016). However, little research has
been done on the mass transfer process of MPCMS its application in solution dehumidification. The
isothermal endothermic characteristic of MicroPCMs is expected to be utilized to restrain the solution
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temperature rise during the dehumidification process. Thus, this "auto-internally cooling" liquid
desiccant dehumidifier can overcome the defects of the conventional internal cooling dehumidifier.
The liquid desiccant dehumidification can be considered as a process in which the liquid falling film
on the flat plate (or corrugated plate) exchanges heat and mass with the air. An appropriate
mathematical model is of great significance for exploring the heat and mass transfer mechanism of
the phase change microcapsule slurry dehumidification process. Early scholars used the dual-mode
theory to determine the interface mass transfer coefficient, and considered that the mass transfer
coefficient has a linear relationship with the diffusion coefficient [9]. In the field of chemical industry,
the permeability theory is often employed to determine the mass transfer coefficient [10]. But the
effective contact time of gas and liquid in this theory is difficult to determine, which limits its
application to some extent. Ren et al. (2016) obtained the analytical solution of the heat and mass
transfer coefficient based on the one-dimensional model in the study of the falling film evaporative
cooling problem, and can be used to test the numerical results of the two-dimensional model. Luo et
al. (2014) used CFD technology, the dynamic characteristics of the heat and mass transfer
parameters of the dehumidification process are obtained by simulation.
The purpose of this paper is to investigate the changes in heat and mass transfer characteristics and
overall dehumidification performance of MPCMS with LiCl solution as base fluid. A two-dimensional
flat film falling film heat and mass transfer model was established. Based on the control of differential
equations model, the CFD technology was used to study the heat and mass transfer process of gasliquid interface and the variation of various phase parameters in the flow field. The calculation of the
mass transfer coefficient was different from the previous literature. By calculating the partial pressure
of water vapor on the surface of the liquid film, the mass transfer coefficient was calculated by a
dynamic boundary condition method. The characteristics of heat and mass transfer in
dehumidification process with different concentrations of MicroPCMs and different inlet temperatures
of MPCMS were compared.

2. MAIN SECTION
2.1.

Physical model

Fig. 1 is the schematic diagram of falling film dehumidification with MPCMS. The phase change
microcapsules are uniformly dispersed in the base fluid, and the slurry flows vertically downward
along the wall surface of the plate. The humid air flows upward. The water vapor in the air enters the
liquid film at the interface, and a complicated heat and mass transfer process occurs. The length of
the plate is 300mm.

Figure 1: Schematic diagram of falling film dehumidification with MPCMS

The following assumptions were made:
(1) The phase change microcapsules are uniformly and stably dispersed in the base fluid, and the
slurry can be regarded as a Newtonian fluid.
(2) Ignore the surface tension of the solution during the falling film flow.
(3) Ignore the interfacial thermal resistance of microcapsules, it is considered that the microcapsule
melting time is extremely short, the microcapsule melting process is equivalent to the increase of the
specific heat capacity of the slurry, and the specific heat capacity of the slurry is considered to be a
single-valued function of temperature.
(4) The water vapor concentration at the vapor-liquid interface is saturated.
(5) Ignore the increase of liquid phase volume caused by slurry moisture absorption.
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(6) The final flow field, temperature field and concentration field tend to be stable.
According to previous research literature, for a two-phase flow process with a distinct phase interface,
the VOF model can be used to accurately capture the free surface of the liquid film (Luo et al., 2014).
2.2.

Mathematical model

2.2.1. Control equation
(1) VOF volume fraction equation
The VOF model solves the governing equation by controlling the volume fraction of the different
phases in the body. The model includes the liquid volume fraction rate equation and the gas phase
volume fraction equation, and the sum of the gas and liquid volume fractions is 1.0.
¶a g

!
+ u ×Ña g = 0

Eq. (1-1)

¶a l !
+ u ×Ña l = 0
¶t

Eq. (1-2)

ag + al = 1

Eq. (1-3)

¶t

where αg and αl are the volume fractions of the gas phase and the liquid phase in %, respectively.
(2) Mass conservation equation
¶r
!
+ Ñ × ru = 0
¶t

Eq. (2)

!!
!
!
! !
¶ !
( r u ) + Ñ × ( r uu ) = -ÑP + Ñ × ( µ (Ñu + Ñu T )) + r g + F
¶t

Eq. (3)

(3) Momentum conservation equation

where F is the momentum source term.
(4) Energy equation
!
¶
( r E ) + Ñ × (u ( r E + P)) = Ñ × (keff ÑT ) + Q
¶t

Eq. (4-1)

!
¶
( r E ) + Ñ × (u ( r E + P)) = Ñ × (keff ÑT ) + Q
¶t

Eq. (4-2)

where Q is the energy source term in kJ·m-2·s–1 which is expressed as latent heat transfer due to
mass transfer in the dehumidification process. Hl is the latent heat released when water vapor
condenses in kJ·kg–1.
2.2.2.

Initial and boundary conditions

(1) Initial conditions
At the initial moment, it is assumed that there is no liquid phase in the entire watershed, and only a
stationary gas phase exists, that is, αl=0, αg=1.0.
(2) Boundary conditions
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The specific settings of the boundary conditions are shown in Table 1.
Table 1. Boundary conditions

volume fraction

velocity

Liquid inlet

αl=1，αg=0

u=ul,in

Tl,in

Liquid outet

αl=0，αg=1

pressure outlet

Ta,in

Air inlet

αl=0，αg=1

u=ug,in

Ta,in

Air outlet

αl=0，αg=1

pressure outlet

Ta,in

no slip

qw=0

Wall

thermal UDS1 (air) UDS2(liquid)
ξs,in

wa,in

2.2.3. Calculation method
The pressure-based solver of Fluent 17.0 was used in the calculation. The pressure-velocity coupling
equation used the SIMPLE algorithm, and the Body Force Weighted algorithm was selected for the
flow stress term dominated by gravity. The whole calculation process was divided into two parts:
firstly the steady-state velocity field and phase distribution field was solved, and then the unsteady
temperature field and gas-liquid concentration field was solved simultaneously. For the water vapor
concentration equation on air side and the concentration equation on solution side, two UDS
equations need to be established separately, while the dynamic boundary conditions and source
terms were introduced through the User Defined Function (UDF). In addition, the physical properties
of MPCMS in this simulation were also calculated by UDF.
The UDF was created as follows: A DEFINE_ADJUST macro was used to assign the value to the
gas-liquid interface grid of 0.5 < C_VOF < 1. The dynamic boundary conditions of the water vapor
concentration equation were automatically updated at each iteration step. The concentration
gradient at the gas-liquid interface was obtained by using C_UDSI_G, and the mass transfer flux at
the interface is calculated. A new temperature field is obtained by introducing the source term into
the energy equation through DEFINE_SOURCE macro. The newly calculated solution temperature
will affect the surface equilibrium moisture content again.
2.3.

Results and Discussion

The effects of mass concentration of MicroPCMs and the inlet temperature of slurry on the
dehumidification process were mainly studied. The calculation conditions are shown in Table 2.

Table 2. Calculation condition

Air inlet
MPCMS inlet

Va,in (m·s-1)

Ta,in (°C)

wa,in (g·kg-1)

0.5

35

22

Vs,in (m s-1)

Ts,in (°C)

ξ (%)

cm (%)

0.1

23-32 °C

35

1.0~5.0

2.3.1. Effect of MicroPCMs Concentration on Interface Mass Transfer Coefficient
Fig. 2 shows the mass transfer coefficient on the interface along the falling film direction with different
MicroPCMs concentrations. It can be found that the interfacial mass transfer coefficient of the
MPCMS is significantly higher than that of the base fluid, especially in the air inlet and the central
region of falling film. The average interfacial mass transfer coefficient of the MPCMS with only 1%
(wt) microcapsules is 19.8% higher than that of the base fluid. There are two reasons for this
phenomenon: Firstly, the surface vapor pressure of the slurry decreases after the addition of
MicroPCMs, which leads to an increase of the mass transfer potential difference. As a result, the
interface mass transfer coefficient is improved to some extent. Secondly, MicroPCMs can restrain
the solution temperature rise in the phase change temperature region. Thus a low surface vapor
pressure of the slurry can be maintained and the mass transfer coefficient does not decrease rapidly.
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It can be also found that when the cm is 4%, the interface mass transfer coefficients are the highest.
When the cm increases further, the interface mass transfer coefficient decreases. There may be an
optimum amount of MicroPCMs added. It can be explained as follows: when the concentration of
MicroPCM is increased, the vapor pressure on the surface of the slurry is continuously reduced,
which is beneficial to enhance the mass transfer process. However, the viscosity of the MPCMS will
also increase, resulting in the weakening of disturbance effect on the interface, and the convective
mass transfer effect is deteriorated.

Figure 2: Variation of interfacial mass transfer coefficient with MicroPCMs concentration

Effect of MicroPCMs Concentration on Air Outlet Moisture Content and Overall Mass
Transfer Coefficient
0.0088
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2.3.2.

5

Figure 3: Variation of outlet air moisture content and overall mass transfer coefficient with
MicroPCMs concentration

As shown in Fig.3, the addition of microcapsules significantly improves the overall condensation rate.
The average moisture content of air after dehumidification with the slurry of cm=1% decreases by
0.39 g·kg-1 compared with the base liquid. When the cm continues to increase, the improvement on
dehumidification is more pronounced. When cm=5%, the average moisture content of the air outlet
reaches 15.89 g·kg-1, which is 0.76 g·kg-1 lower than that of the lithium chloride base fluid, and the
condensation rate increases by 14.2%.
It can be also seen from the figure that, the overall mass transfer coefficient is obviously improved
by adding MicroPCMs. But such improvement effect slows down when the MicroPCMs concentration
is further increased. The main reason for this phenomenon is that, the surface vapor pressure of the
liquid desiccant solution decreases significantly after the addition of MicroPCMs, but the decrease
becomes slower with the increase of MicroPCMs. Moreover, the increase of the amount of
microcapsules causes the viscosity of MPCMS to rise, which is not conducive to convective mass
transfer.
2.3.3. Effect of MicroPCMs concentration on solution temperature
Fig. 4 shows the change of liquid film temperature with the concentration of micro-CMS. The inlet
temperature of solution ts,in in all curves is 27 oC. It can be seen from the figure that, when the
concentration of MicroPCMs is 1%, the temperature of the liquid film outlet is higher than the base
liquid. While the MicroPCMs concentration is doubled, the temperature rise has been significantly
restrained. Moreover, with the increase of MicroPCMs concentration, the temperature rise restraining
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effect is more and more significant. When cm=5%, the slurry outlet temperature is lowered by 0.55 °C
than the base liquid. The reason can be explicated as follows: With the addition of MicroPCMs in the
solution, the decrease of surface vapor pressure of the slurry leads to the increase of mass transfer
and latent heat absorbed by slurry. However, the apparent specific heat capacity of slurry with low
MicroPCMs concentration is relatively low, which is insufficient to restrain the temperature rise
attributable to more latent heat generated by the increase of mass transfer. When the concentration
of MicroPCMs is further increased, the apparent specific heat capacity of the slurry rises sharply in
a nearly linear tendency, which is sufficient to restrain the higher temperature rise of the solution
caused by the enhanced mass transfer. Therefore, at a higher concentration of MicroPCMs, the
restraining effect of solution temperature rise is more significant.
2.3.4.

Temperature distribution characteristics of liquid film at different slurry inlet temperatures
Solution temperature (K)

302.5
base fluid
cm=1%

302.0

cm=2%

301.5
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cm=4%

301.0

cm=5%

300.5
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0.00
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0.20
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0.30

Y (m)

Figure 4: Variation of liquid film temperature with MicroPCMs concentration
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Figure 5: Temperature distribution along falling film direction at different inlet solution temperature
and capsule concentration

Four different inlet temperatures of MPCMS were selected to compare the liquid film temperature
distributions at different MicroPCMs concentrations (as shown in Fig.4 and Fig.5). It can be seen
that, when the inlet temperature of the slurry is beyond the MicroPCMs phase temperature change
zone(27~31°C), the temperature rise of the slurry is much higher than that of the base liquid. This is
because that, the specific heat capacity of the slurry outside the phase change temperature zone
will reduce, while the heat transfer is more intense since the surface vapour pressure is becomes
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Solution temperature (K)
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low, resulting in a significant temperature rise of the slurry. However, when the inlet temperature of
the solution is in or close to the MicroPCMs phase change temperature zone, the restraining effect
of MicroPCMs on the temperature rise begins to emerge, but the addition of MicroPCMs needs to
achieve a certain amount. For example, when ts, in=27 °C and cm=1%, the slurry outlet temperature
is still higher than the base liquid.
Fig. 6 and Fig. 7 show the changes of the liquid film temperature at different MPCMS inlet
temperatures and at different positions, respectively. The concentration of the MicroPCMs is 5%. It
can be seen from Fig. 6 that, the temperature of the solution increased along the falling film direction.
It should be noted that the temperature rise of the solution outside the phase change temperature
zone is more significant. This is because that, the equivalent specific heat capacity of the suspension
in the phase change temperature region is about twice that of the base liquid, so the temperature
rise restraining effect is obvious. Figure 7 is the liquid film temperature at six different positions in
the falling film direction. There is a remarkable feature that at y = 0 to 0.06 m, the temperature rise
of the solution is more intense than the rest, because such area is the air inlet region and the mass
transfer process is more intense.
308

304
302
300
298
296
296

0.30

Figure 6: Variation of liquid film temperature with
different inlet solution temperature when cm=5%

y=0.3 m
y=0.24 m
y=0.18 m
y=0.12 m
y=0.06 m
y=0 m

306

298

300

302

Inlet temperature (K)

304

306

Figure 7: Variation of liquid film temperature at
different y values when cm=5%

3. CONCLUSIONS
In this study, the MicroPCMs with a phase change temperature of 27~31 °C was added to lithium
chloride desiccant solution, and the temperature rise of the solution during dehumidification process
was expected to be restrained by the isothermal endothermic property of MicroPCMs. A twodimensional flat film falling film model was established to simulate the heat and mass transfer
characteristics of MPCMS falling film dehumidification. The change of the physical properties of the
slurry after adding MicroPCMs was considered, and the endothermic effect of the microcapsules
was equivalent to the increase of the apparent specific heat capacity. The effects of MPCMS
temperature and concentration of MicroPCMs were obtained. The main conclusions are as follows:
(1) The mass transfer coefficient of MPCMS interface after adding microcapsules is significantly
higher than that of lithium chloride base fluid, especially in the air inlet and the central region of falling
film. There is an optimum MicroPCMs concentration that maximizes the interface mass transfer
coefficient.
(2) The addition of MicroPCMs has a significant improvement effect on the dehumidification capacity
and the overall mass transfer coefficient. However, with the increase of MicroPCMs concentration,
the improvement effect slows down.
(3) Temperature has a great influence on the mass transfer. When the inlet temperature of the
MPCMS is 27 °C, the low concentration of MicroPCMs is not enough to restrain the temperature
rise. With the increase of MicroPCMs concentration, the temperature rise restraining effect is more
significant. When cm=5%, the liquid outlet temperature is reduced by 0.55 °C compared to the base
fluid. While the inlet temperature of the slurry is beyond the MicroPCMs phase temperature change
zone (27~31°C), the temperature rise of the slurry is much higher than that of the base liquid.
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NOMENCLATURE
cm
mass concentration of MicroPCMs(%)
α
volume fraction (%)
ξ
mass concentration of lithium chloride
Subscript:
a
air
in
inlet

t
w
v,u

temperature (oC)
humidity ratio (g·kg–1)
flow velocity(m·s–1)

out
s

outlet
slurry
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ABSTRACT
The heat transfer coefficients were measured for condensation and evaporation of R134a and
R1234yf inside smooth and micro-fin tubes. The experiments were performed for a smooth tube of
2.14 mm inner diameter and three micro-fin tubes of 2.17 mm, 2.68 mm and 3.18 mm equivalent
diameter respectively. To measure the local heat transfer coefficient, the test section is sub-divided
into three sections and having a total of 852 mm working length. The ranges of refrigerant mass flux
were from 50 -100 kg m-2 s-1, and the saturation temperature was 20 °C for condensation and 13 °C
for evaporation. Effects of mass flux, vapour quality, tube diameter and refrigerant properties on heat
transfer coefficient were considered. During the evaporation test, the heat transfer coefficient of
R1234yf was found to be lower than that of R134a. Microfin tubes are more efficient than smooth
tube. Typical correlations were used to predict the measurement.
Keywords: Condensation, Evaporation, Heat Transfer Coefficient, Microfin Tube, R134a, R1234yf.

1. INTRODUCTION
With the approval of the Montreal protocol in August 1987, chlorofluorocarbon (CFC) and
hydrochlorofluorocarbon (HCFC) refrigerant like R22, have already been or will be soon phased out
since refrigerants like this have a high ozone depleting potential (ODP). Subsequently, the
refrigeration, air-conditioning and heat pump systems are switching to hydrofluorocarbon (HFC)
refrigerant like R134a as an alternative. However, many HFC refrigerant like R134a have
comparatively high global warming potential (GWP) as shown in Fig. 1. Therefore, from an
environmental point of view, switching from the high GWP to low GWP refrigerant is one of the most
important consideration for refrigeration, air-conditioning and heat pump systems. As a substitute for
R134a, new generation refrigerant R1234yf has many environmental benefits such as zero ODP and
low GWP, thus, making it a promising refrigerant in future applications. The research regarding
R1234yf condensation and evaporation heat transfer in microfin tube is scarce. Some researchers
who have investigated different aspects associated with R1234yf are Col et al. (2013), Diani et al.
(2015), Han et al. (2013), Kedzierski and Kang (2018), Padilla et al. (2011), Saitoh et al. (2011) and
Wang et al. (2012) etc.

Figure 1: GWP and ODP of the different refrigerants

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

958

Presently, many refrigeration and air-conditioning (RAC) industries have highlighted the use of small
diameter microfin tubes in RAC applications. Generally, the small diameter microfin tube provides
higher heat transfer coefficient than a smooth tube with the same diameter. In addition, small
diameter microfin tubes also offer many other advantages such as lower refrigerant charge, less
weight, high efficiency, compactness and eco-friendliness. Many researcher who have studied
various aspects of small diameter microfin tube (do<5 mm) are Bashar et al. (2018), Dang et al.
(2010), Diani et al. (2014), Hirose et al. (2018), Jige et al. (2017) and Mancin et al. (2014) etc.
However, this paper reports some results about R134a and R1234yf condensation and evaporation
heat transfer inside smooth and microfin tubes. The results permit to highlight the effects of the mass
flux, vapour quality, tube diameter, and refrigerant properties on the heat transfer coefficient of the
smooth and microfin tubes. The experimental results were also compared against the values
predicted by correlations available in the literature.

2. EXPERIMENTAL APPARATUS
A test facility was established at the Miyara and Kariya Laboratory in the Saga University, Japan to
specifically investigate the pressure drop, condensation and evaporation heat transfer coefficients
of the refrigerants with horizontal microfin and smooth tubes. A detailed schematic diagram of the
test facility with its various components is shown in Fig. 2. The test facility consists of a main
refrigerant loop and some auxiliary loops (water baths and cooling/heating water loop), which adjust
the desired conditions of the refrigerant in the main loop. Basically, the main loop itself comprises
two pumps (one pump is measuring for low mass flux G<100 kg m-2s-1 and another one is measuring
for high mass flux G<400 kg m-2s-1) circulating the refrigerant, a flow control valve for controlling the
mass flow of refrigerant, a Coriolis mass flow meter to measure the refrigerant mass fluxes, two preheaters, test sections, an accumulator and a cooler. The pre-heaters was employed to pre-heat the
liquid refrigerant to the desired condition entering in the test section. The accumulator was used to
control the pressure of the system. Moreover, sight glasses were installed at two locations to monitor
the refrigerant condition. The entire experimental facility was well insulated so that the outside
temperature was not affected. All signals from the measuring devices are collected by a PC using
LabVIEW.
Fig.3 shows the schematic diagram of the test section (total length is 852 mm), which consist of a
horizontally installed tube, two headers, water channels, three sub-sections (each sub-section length
being 248 mm) and total 24 T-type thermocouples on the tube wall for measuring wall temperature.
The refrigerant flows inside the test tube, while the counter-current water flows through the water
loop, as shown in Fig 3.
The test tube is made of copper. In this study, four types of test tubes were used and their dimensions
are listed in Table 1. Photography and schematic view of the test tube is shown in Fig. 4.

Figure 2: Schematic diagram of the test facility
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Figure 3: Schematic diagram of the test section

Figure 4: Photography and schematic view of the test tube: (a) smooth tube; (b) microfin
tube; and (c) schematic view of the microfin tube
Table 1. Specifications of the test tubes

Type 1
Type 2
Type 3
Type 4
(Smooth tube) (Microfin tube) (Microfin tube) (Microfin tube)
Outside diameter do (mm)
2.5
3.5
3.0
2.5
Inner diameter di (mm)
2.14
Equivalent diameter deq (mm)
3.18
2.68
2.17
Wall thickness δ (mm)
0.18
0.15
0.15
0.15
Fin height h (mm)
0.10
0.10
0.10
Apex angle γ (mm)
35
33
31
Helix angle θ (°)
10
10
10
Number of fin n (-)
25
25
25
Parameter (unit)

3. DATA REDUCTION
The local evaporation and condensation heat transfer coefficient, α, was calculated by Eq (1) and
(2) respectively. The inlet vapour quality of refrigerant was calculated by Eq. (3)
𝛼 = 𝑄𝑐 /𝜋𝑑𝑒𝑞 𝐿(𝑇𝑤𝑖 − 𝑇𝑠 )

Eq. (1)

𝛼 = 𝑄𝑐 /𝜋𝑑𝑒𝑞 𝐿(𝑇𝑅 − 𝑇𝑤𝑖 )

Eq. (2)

𝑥 = (ℎ0 − ℎ𝑙 )/(ℎ𝑣 − ℎ𝑙 )

Eq. (3)

When the smooth tube deq was used in the experiment, it was defined by the inner diameter di.
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4.

RESULTS AND DISCUSSION

This section describes the experimental results of R134a and R1234yf in smooth and microfin tubes.
For most of the obtained data, the heat balance of the evaporation and condensation heat transfer
coefficient was estimated within ± 10%. The heat balance was defined as the ratio of the heat
exchange amount on the refrigerant side to the heat exchange amount on the water side.
4.1.
Evaporation Test Results
Fig. 5 shows the effect of mass flux and vapour quality on the evaporation heat transfer coefficients.
The experiment was carried out in a 2.5 mm outer diameter microfin tube at 13 °C saturation
temperature, 50-100 kg m-2s-1 mass fluxes and 15 kW m-2 heat flux. At 50~100 kg m-2s-1, the heat
transfer coefficient increases with mass flux. Although, a weak effect of the mass flux was observed
on the heat transfer coefficient at low vapour quality region. However, heat transfer coefficient was
also increased with vapour quality. In fact, the heat transfer coefficient at x=0.53 is almost double
than that measured at 0.1<x<0.2 for mass flux 100 kg m-2s-1.
25
Evaporation, R134a , do = 2.5 mm ( Type 4 )
Tsat = 13 °C, q = 15 kW m-2
G = 50 kg m-2s-1
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15
10
5
0

0

0.2
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Figure 5: Effect of mass flux and vapour quality on the heat transfer coefficients
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Figure 6: Comparison among the heat transfer coefficient of R134a and R1234yf
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As clarified in the introduction, R1234yf has a low GWP compare to the R134a. Thus, R1234yf is
one of the potential alternatives for R134a. Hence, a comparison of the evaporation heat transfer
coefficient between the two refrigerants at the same experimental condition is proposed and it is
shown in Fig.6. It is seen that, R134a shows a higher heat transfer coefficient than that of R1234yf
especially at high vapour quality region. It is possible to state that, R134a has a vapour density 5.9%
lower than that of R1234yf (see Table 2), and therefore, at fixed mass flux, its vapour velocity is
higher, which might imply a higher heat transfer coefficient.
Fig. 7 shows the effect of microfin and tube diameter on the heat transfer coefficient. The working
condition includes 13 °C saturation temperature, 50 kg m-2s-1 mass flux and 15 kW m-2 heat flux. It
is seen that, the microfin tube (Type 4) heat transfer coefficient is 1.5 to 2.3 times higher than same
outer diameter smooth tube (Type 1). The area expansion ratio for the microfin tube is about 1.5.
Consequently, fins provide additional heat transfer area and it may enhance convective heat transfer.
As a result, the microfin tube provides a higher heat transfer coefficient than the smooth tube with
equal diameter. In addition, the tube diameter is seen to have an effect on the heat transfer coefficient.
It is also seen from Fig. 7, that a decrease of the tube diameter could help to improve the heat
transfer coefficient particularly at low vapour quality region. While, more experiments under various
conditions are needed for confirmation of this trend, generally, when the tube diameter decreases,
the effect of shear stress and surface tension increases; this results in a higher heat transfer
coefficient.
Furthermore, tube diameter has an effect on dryout quality. Fig.8 shows the effect of the tube’s inner
diameter on dryout vapour quality. As shown from this Fig.8, the dryout vapour quality Xdryout
decreased with decreasing inner diameter di. Our experimental results are agreeing well with the
tendency of experimental results by Saitoh et al. (2005) and Kattan et al. (1998). The calculation
method of dryout quality followed by Saitoh et al. (2005).
Table 2. Thermophysical properties of R134a and R1234yf at saturation temperature of 13 °C and
20 °C from REFPROP 9.1 (Lemmon et al. 2013)
Saturation
ρL
ρv
µL
µv
Ψ
Refrigerant
Temperature(°C)
(kg m-3)
(kg m-3) (µPa s)
(µPa s)
(mN m-1)
13
226.65
11.20
9.65
R134a
1251.0
22.18
13
178.31
10.57
7.72
R1234yf
1134.5
26.48
R134a

20

1225.9

27.65

207.75

11.48

8.71

R1234yf

20

1110.4

32.65

164.02

10.86

6.81
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Figure 7: Effect of the microfin and tube diameter on heat transfer coefficient
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Figure 8: Experimental dryout quality Xdryout Vs tube inner diameter di

4.2.
Condensation Test Results
Fig.9 shows the condensation heat transfer coefficient of R1234yf in 2.5 mm microfin tube at a mass
flux and saturation temperature of 100 kg m-2s-1 and 20 °C respectively. Results showed that, the
heat transfer coefficient decreased as condensation proceeded. The heat transfer coefficient was
found to be higher at high vapour quality region because in this region, the velocity of vapour and
liquid is high and shear stress increases due to this high velocity. The experimental heat transfer
coefficient is compared to the prediction correlations of Koyama and Yonemoto (2006), and
Kedzierski and Goncalves (1999) as shown in the Fig.9. The mean deviations of correlation are
19.5% and 64.5% for Koyama and Yonemoto (2006) and Kedzierski and Goncalves (1999)
respectively. The correlation for Koyama and Yonemoto was based on data from microfin tubes with
different refrigerant and it agrees well with our experimental data.
30
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Figure 9: Condensation heat transfer coefficient of R1234yf in microfin tube

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

963

5.

CONCLUSIONS

This study analysed the R134a and R1234yf condensation and evaporation inside smooth and
microfin tubes. It was possible to verify that, the heat transfer coefficient depends on the mass flux,
vapour quality, tube diameter and refrigerant properties. From the results of this analysis the
following conclusion can be drawn.
1) The increasing of mass flux increased heat transfer coefficient as expected. Increasing mass flux
2 times (50 to 100 kg m-2s-1), may increase heat transfer coefficient about 1.2 to 2.5 times.
2) Refrigerant R134a shows better heat transfer performance than R1234yf under the same
experimental conditions.
3) During evaporation test, the heat transfer coefficient of the microfin tube (type 4) is approximately
1.5 to 2.3 times greater than that of smooth tube (Type 1) at mass flux 50 kg m-2s-1. Decreasing
the tube diameter may help improve the heat transfer performance and dryout quality depends
on the tube inner diameter.
4) The condensation experimental result compared with correlations and the Koyama and
Yonemoto correlation predict a mean deviation of 19.5%.

ACKNOWLEDGEMENTS
The authors would like to thank the Japan Copper Development Association for their financial
support.
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q
Q
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δ
ρ
ψ
C
l
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s
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average deviation
mass flux (kg×m-2×s-1)
length (m)
heat flux (kW×m-2)
heat exchange amount (kW)
vapour quality (-)
wall thickness (mm)
density (kg×m-3)
surface tension (mN×m-1)
coolant
liquid (-)
predicted (-)
saturation (-)
inner wall (-)

d
h
n
T
α
γ
µ
θ
eq
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o
R
v

diameter (m)
enthalpy (kJ×kg-1)
number of fin (-)
temperature (°C)
heat transfer coefficient (kW×m-2×K-1)
apex angle (mm)
viscosity (µPa s)
helix angle (°)
equivalent (-)
inner/inlet (-)
outer/outlet (-)
refrigerant (-)
vapour (-)
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ABSTRACT
The issue of global warming has aroused our concern of refrigerant replacement. It motivates people
to seek appropriate refrigerants to reduce carbon emissions. To evaluate the impact of refrigerants
on global warming, refrigerant charge, coefficient of performance (COP), volumetric refrigerating
capacity and discharge temperature are required besides the GWP of given refrigerant. Therefore,
based on vapor compression refrigeration cycle under different working conditions, theoretical
analysis of energy efficiency on a series of refrigerants is carried out in this paper to achieve data
needed for evaluation. According to the calculation results, some suggestions are provided for the
selection of refrigerants.
Key words: Energy Efficiency, Refrigerants, Vapor Compression Refrigeration Cycle.

1. INTRODUCTION
Global warming is one of the major environmental problems we are facing today. The aggravation of
this issue may adversely affect the world, and even damage the ecosystem irreversibly (Zhang et
al., 2015). The environmental problem has increasingly aroused social concern. International
community has successively formulated and signed a series of documents, including United Nations
Framework Convention on Climate Change, Montreal Protocol, Kyoto Protocol and etc. On these
conventions, the usage and substitution of environmentally unfriendly refrigerants are planned. As
shown in Fig. 1, phase-out schedules of hydrochlorofluorocarbons (HCFCs) and hydrofluorocarbons
(HFCs) respectively for China are given according to Kigali Amendment to the Montreal Protocol
(Cui et al., 2017). In response to these documents, it is urgent for refrigeration industry to find
alternative refrigerants. Environmental indicators are required to quantify the impact of refrigerants
to global warming while selecting refrigerants, such as Global Warming Potential (GWP), Total
Equivalent Warming Impact (TEWI), Life Cycle Climate Performance (LCCP) (Makhnatch et al.,
2014). In recent years, some other indicators are proposed like CO2 Emissions Reduction Rate
(EER), Life Cycle Environmental Performance (LCEP) and Annual Environmental Performance (AEP)
(Zhou et al., 2012). Formulas of these indicators are listed in Table 1.
Among all the indicators, GWP is probably the most commonly used. In the Fifth IPCC Assessment,
GWP is defined as the time-integrated Radiative Forcing (RF) due to a pulse emission of a given
component over a chosen time horizon, relative to that of an equal mass of CO 2 (IPCC, 2013).
Although GWP is a practical indicator for comparing refrigerants, many other factors are not included,
which might overestimate the benefits of low GWP refrigerants. Zhu et al. argued that simply using
GWP was not a comprehensive way to evaluate (Zhu et al., 2011). Even if it is considered from the
perspective of direct emissions (DE), the refrigerant charge should not be ignored. Thus, they
proposed a new index, EER. On the other hand, devices using refrigerants have energy use during
operation, and indirect emissions (IE) are caused by the electricity generated from the combustion
of fossil fuels (Harby et al., 2017). GWP cannot reflect this impact. TEWI indicates the overall
environmental influence of refrigerants on global warming, but some parameters like refrigerant
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charge and COP are needed for calculation. Other indicators require these parameters as well. In
addition, volumetric refrigerating capacity might affect the design of compressor size, and high
discharge temperature will shorten the lifetime of compressor. These two factors have influence on
the values of some indicators like LCEP and AEP. Based on the analysis above, in the process of
refrigerant replacement, attention should be paid to not only the GWP values of refrigerants, but also
other parameters which can be obtained from efficiency analysis. Therefore, it is necessary to carry
out the analysis of energy efficiency on refrigerants in the refrigeration cycle.
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Figure 1: Phase-down schedules of HCFCs and HFCs for China Figure 2: Schematic diagram of the
according to Kigali Amendment.
actual cycle.
Table 1. Formulas of indicators for quantifying the impact of refrigerants to global warming

Indicator
TEWI
LCCP
ERR

Formula

Q
× hr × N × β + GWP × ( L × N + m1 × ( 1 - α1 ) )
COP
LCCP = TEWI + ( E1 + F1 ) × ( L × N + m1 × ( 1 - α1 ) )
GWPsubstitute × msubstitute
ERR = 1 GWPR22 × mR22

TEWI = IE + DE =

n

LCEP

ODP
LCEP = LCCP +
× 105 × DE + ∑ mi × [ ( Ei + Fi ) × ( 1 - αi ) + Gi × αi ]
GWP
i=2

AEP

AEP =

LCEP
Q×N

Vapor compression refrigeration systems are responsible for a large proportion for total world energy
use. Although thermally driven cooling systems have been developed to overcome this problem,
vapor compression refrigeration systems which have a relatively high COP are still the first choice
worldwide, especially in developing countries (Harby et al., 2017). Hence, selection of refrigerants
for vapor compression refrigeration systems seems important if their environmental influence needs
to be minimized. As previously mentioned, the calculation of different indicators requires the
parameters of refrigerant charge, COP, volumetric refrigerating capacity and discharge temperature,
so theoretical analysis of energy efficiency on a series of refrigerants in the vapor compression
refrigeration cycle under different working conditions is conducted in this paper. It should be
explained particularly that the refrigerants calculated in this paper include those which are eliminated
already, being phased out gradually and probable to be utilized in the future. The main purpose of
this article is to provide a comparative analysis. Without a comparison with refrigerants at different
periods of phase out plan, it is difficult to evaluate the potential refrigerants objectively.

2. DESCRIPTION OF THE MODEL
The theoretical analysis of energy efficiency which is conducted in this study is based on an actual
vapor compression refrigeration cycle. The cycle on lg P-h diagram is shown in Fig. 2. Process 11-2
represents evaporation of refrigerants in the evaporator. Process 2-4 represents the process of
refrigerants flowing from the outlet of evaporator to the compressor before compression happens.
Process 4-5 represents compression inside the compressor. Process 5-7 represents the process of
refrigerants flowing from the outlet of compressor to the inlet of condenser. Process 7-10 represents
condensation of refrigerants in the condenser. Process 10-11 represents the process of refrigerants
flowing through the throttling element.
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Compared to the ideal vapor compression refrigeration cycle, pressure drop through the evaporator
and condenser, pressure drop at both inlet and outlet of the compressor, pressure drop alongside
the pipeline, heat gain between the evaporator and the compressor, heat loss between the
compressor and the condenser and isentropic efficiency, are considered, which makes the cycle
closer to the actual one. The parameters related to pressure drop and temperature variation of the
cycle are given in Table 2. Some of them are set according to Shaik’s work (Shaik et al.,
2017).Furthermore, some assumptions for the analysis are listed as follow:
(1) The system operates under steady-state conditions.
(2) In the evaporator and the condenser, pressure drop only occurs in the two-phase region which is
presented as Process 11-1 and Process 8-9 respectively in Fig. 2.
(3) For convenience of calculation, Process 2-4 is divided into an isobaric process and an isenthalpic
process. Refrigerants gain heat first and the temperature rises from state point 2 to state point 3.
During this process, the pressure remains constant. Then, pressure loss of refrigerants, consisting
of pressure drop at the inlet of the compressor and pressure drop alongside the pipeline between
the evaporator and the compressor, occurs with the enthalpy unchanged. Process 5-7 is also seen
as an isenthalpic process and an isobaric process successively.
(4) The process of refrigerants flowing through the throttling element is isenthalpic.
(5) During the cycle, the state of refrigerants does not reach the critical point.
Table 2. Parameters of the actual vapor compression refrigeration cycle

Parameter
Value
isentropic efficiency
0.75
evaporator pressure drop（kPa）
10
pressure drop alongside the pipeline between the evaporator and the compressor（kPa） 10
pressure drop at the inlet of the compressor（kPa）
20
pressure drop at the outlet of the compressor（kPa）
40
pressure drop alongside the pipeline between the compressor and the condenser（kPa） 10
condenser pressure drop（kPa）
10
o
increase in temperature due to heat gain（ C）
10
decrease in temperature due to heat loss（oC）
10
According to AHRI 540, three different working conditions, as listed in Table 3, are calculated (AHRI,
2004). All the refrigerants involved in this paper are listed in Table 4 (ASHRAE, 2016; IPCC, 2013;
Kondo et al., 2002; Sánchez et al., 2017). During the analysis, calculation of refrigerant charge is on
the basis of Wang’s model (Wang et al., 2003), but it is assumed that heat flux density alongside the
heat exchangers is uniform and the internal volumes of both evaporator and condenser are 1000
cm3. It should be pointed out that these two assumptions may be far from reality, but it can still
qualitatively compare the charge amount under the same condition. Besides, COP of the cycle is
defined as:
w
h5 - h4
COP =
=
Eq. (1)
q
h2 - h11
qv = qm × ρ4
Eq. (2)
Tout = T5
Eq. (3)
where w is the energy consumed by the compressor in kg/kW; qm is the refrigerating capacity per
unit mass in kg/kW; qv is the volumetric refrigerating capacity in kJ/m 3; Tout is the discharge
temperature in oC; h is the enthalpy in kg/kW; ρ is the density in kg/m 3; T is the temperature in oC;
the numerical subscripts here represent corresponding state points in Fig. 2.
Table 3. Parameters of different refrigeration cycle

Condition
High temperature refrigeration
Medium temperature refrigeration
Low temperature refrigeration

Evaporation
temperature
7.2
-6.7
-31.7

Degree of
superheat
11.1
11.1
11.1

Condensation
temperature
54.4
43.3
40.6
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Degree of
subcooling
8.3
0
0
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Refrigerant
CFC-12
CFC-115
HCFC-124
HCFC-142b
HCFC-22
HFC-32
HFC-125
HFC-134a
HFC-143a
HFC-152a
HFC-161
HFC-227ea
HFO-1234yf
HFO-1234ze(E)
HFO-1243zf
HC-290
HC-600a
HFC-41

Table 4. Information of refrigerants calculated in this paper

GWP
10200
7670
527
1980
1 760
677
3 170
1 300
4 800
138
4
3 350
<1
<1
<1
3
4
116

Safety classification Refrigerant
A1
R404A
A1
R407C
A1
R410A
A2
R444A
A1
R444B
A2L
R447A
A1
R448A
A1
R449A
A2L
R450A
A2
R454B
R454C
A1
R455A
A2L
R463A
A2L
R500
R513A
A3
DR-4
A3
DR-33
-

GWP
3 940
1 620
1 920
89
295
572
1273
1291
547
467
146
146
1377
7 560
573
298
955

Safety classification
A1
A1
A1
A2L
A2L
A2L
A1
A1
A1
A2L
A2L
A2L
A1
A1
A1
-

3. RESULTS AND DISCUSSION
According to Section 2, theoretical calculation results of energy efficiency on different refrigerants
under three working conditions are given in Figs. 3 ~ 6. For the convenience of comparison, the
order of refrigerants in figures below under the medium and low temperature refrigeration conditions
is decided on the basis of the high temperature refrigeration condition.
3.1. Results of Refrigerant Charge

Refrigerant

0

Refrigerant

Refrigerant

CFC-115

HFC-125

R404A

R410A

R463A

HCFC-22

R448A

R449A

DR-33

HFC-143a

DR-4

R447A

R454B

HFC-161

280

140

150

0

0

420

HC-290

200

300

560

m/g

400

450

HC-290
HFC-161
HFC-152a
HFO-1243zf
R444B
HFC-32
R454B
R444A
HFO-1234ze(E)
R447A
DR-4
R454C
HFC-143a
R450A
R455A
R513A
HFO-1234yf
HFC-134a
R500
DR-33
R407C
R449A
R448A
R463A
HCFC-22
R410A
R404A
CFC-12
HFC-227ea
HFC-125
CFC-115
HFC-41

m/g

600

600

m/g

800

HC-600a
HC-290
HFC-161
HFC-152a
HCFC-142b
HFO-1243zf
R444B
HFC-32
R454B
R444A
HFO-1234ze(E)
R447A
DR-4
R454C
HFC-143a
R450A
R455A
R513A
HFO-1234yf
HFC-134a
R500
HCFC-124
DR-33
R407C
R449A
R448A
R463A
HCFC-22
R410A
R404A
CFC-12
HFC-227ea
HFC-125
CFC-115

Firstly, the charge of refrigerants is investigated. Fig. 3 shows the results under three working
conditions. 34 kinds, 32 kinds and 15 kinds of refrigerants are calculated under high, medium and
low temperature refrigeration conditions, respectively. Combining with safety classification of
ASHRAE 34, it can be found that some of the flammable pure refrigerants have evidently less charge
amount, such as HFC-161(Class 3) and HC-290(Class 3). The charge amount of the rest refrigerants,
except for HFC-115 and HFC-125, is close to each other, but the flammable refrigerants generally
rank ahead in ascending order, which means their flammability risk is decreased to some extent.

--

(a) High temperature refrigeration
(b) Medium temperature
(c) Low temperature
condition
refrigeration condition
refrigeration condition
Figure 3: Calculation results of refrigerant charge under different conditions.

It is mentioned in Section 1 that some researchers suggest that both GWP and refrigerant charge
should be taken into consideration to evaluate more objectively. Thus, high temperature refrigeration
condition is taken as an example, and ERR of each refrigerant is obtained (The formula of ERR has
been given in Table 1). It shows an approximate linear relationship between ERR and GWP. Here it
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is a possible explanation: the maximum charge amount in Fig. 3 (a) is less than four times of the
minimum one, however, the difference of GWP among refrigerants is much larger. Hence, the one
with lower GWP generally has higher ERR. In summary, although combining GWP with refrigerant
charge is more comprehensive, the indicator GWP is enough for comparison when a rough analysis
is acceptable. Since it is convenient to obtain GWP value, the selection can be made quickly.
3.2. Results of COP
It can be observed from Fig. 4 that HFC-161, HFC-152a, HCFC-22, CFC-12, HFC-134a and HC290 are the six pure fluids with the highest COP under high temperature refrigeration condition. Since
HCFC-22 is the most widely used refrigerant in China, its COP is set as the baseline (the same
below). And refrigerants with COP no less than 95% of the baseline are regarded as being
acceptable in this section. The COP values of HFC-161 and HFC-152a are respectively 1.39% and
1.02% higher than the baseline, while CFC-12, HFC-134a and HC-290 have slightly lower COP (0.03%, -0.90% and -1.04% respectively). These refrigerants keep the IE caused by the energy use
of devices low. However, the flammability classification of HFC-152a is Class 2, while that of HFC161 and HC-290 is Class 3. Three of them are flammable and the others are facing replacement due
to environmental problems. Besides, most of the other acceptable pure fluids can be ignited, such
as HFO-1234ze(E) (Class A2L, -2.26%), HCFC-142b (Class A2, -3.00%), HC-600a (Class A3, 4.36%), HFO-1234yf (Class A2L, -4.70%) and HFC-32 (Class A2L, -4.73%). HCFC-124, which is
being phased out, is the only acceptable pure fluid classified as Class A1 except for HCFC-22, CFC12 and HFC-134a. Therefore, there are limited refrigerants better than HCFC-22 from the
perspective of IE. In addition, 17 mixed refrigerants are calculated. In recent years, tendency to HFO
based mixed refrigerants has increased (Devecioğlu et al., 2015; Mota-Babiloni et al., 2015), so
several HFC / HFO mixtures are investigated in this article. These 17 refrigerants all have at least
one flammable component, but some of them are Class A1 fluids. The mixed refrigerants show
similar COP to the baseline (no lower than 90% of it). The COP values of R455A (+1.14%), R444A
(+0.77%), R500 (0), R454C (-1.04%), DR-4 (-1.21%) are the highest. And 14 mixtures are
acceptable, including 6 Class A1 fluids (R500, R449A, R407C, R513A, R448A and R450A).
3.6

2.4

1.2

R404A

R410A

HFC-143a

R447A

R463A

DR-33

R454B

R448A

HC-290

R449A

HCFC-22

DR-4

HFC-161

1.2

1.0

Refrigerant

Refrigerant

--

Refrigerant

HFC-125

1.8

1.4

CFC-115

2.7

COP

2.4

1.6

HFC-41

3.0

HFC-161
R455A
HFC-152a
R444A
HCFC-22
R500
CFC-12
R450A
HFC-134a
R454C
DR-4
HC-290
HFO-1234ze(E)
R449A
R407C
R444B
R513A
R454B
R448A
HFO-1243zf
DR-33
HFO-1234yf
HFC-32
R447A
R463A
R410A
HFC-143a
HFC-227ea
R404A
CFC-115
HFC-125

1.8

COP

3.0

HFC-161
R455A
HFC-152a
R444A
HCFC-22
R500
CFC-12
R450A
HFC-134a
R454C
DR-4
HC-290
HFO-1234ze(E)
R449A
R407C
R444B
R513A
HCFC-142b
R454B
R448A
HCFC-124
HFO-1243zf
DR-33
HC-600a
HFO-1234yf
HFC-32
R447A
R463A
R410A
HFC-143a
HFC-227ea
R404A
CFC-115
HFC-125

COP

3.3

3.6

--

(a) High temperature refrigeration
(b) Medium temperature
(c) Low temperature
condition
refrigeration condition
refrigeration condition
Figure 4: Calculation results of COP under different conditions.

Under medium temperature refrigeration condition, the lowest pressure in the cycle of three
refrigerants is below atmospheric pressure, so they are not considered. One refrigerant (HFC-41) is
added under this condition. The COPs of HFC-161, HFC-152a, HCFC-22, CFC-12 and HC-290 still
remain relatively high. The difference to the baseline of each refrigerant is +1.04%, -1.33%, 0, 1.92%, and -2.74%, respectively. DR-4 (-0.98%), R455A (-1.12%), R500 (-1.26%), R454B (-1.66%)
and R444A (-1.72%) perform best among all mixed refrigerants. Compared with high temperature
refrigeration condition, most refrigerants become further below the baseline, such as R455A (from
+1.14% to -1.72%), R444A (from +0.77% to -1.72%), HC-600a (from -4.36% to -10.39%), HFO1234ze(E) (from -2.26% to -7.21%) etc. There also exist some exceptions. For example, the COP
difference between HFC-32 and HCFC-22 rises from -4.73% to -2.88%, and meanwhile the COP of
HFC-32 surpasses that of HFC-134a. It indicates that the performance of refrigerants varies under
different refrigeration conditions. When it comes to flammability, R500, CFC-12, R449A (-3.19%),
R407C (-3.25%) and R463A (-3.46%) are acceptable among all Class A1 refrigerants.
Because the lowest pressure in the cycle of some refrigerants is too low, the number of refrigerants
that are calculated under this condition decreases sharply. HFC-161 (+0.20%) still have the best
performance. In this case, few refrigerants without flammability meet the acceptable standard.
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HCFC-22 is the only acceptable Class A1 pure fluid. In terms of Class A1 mixed refrigerants, there
are R463A, R410A and R449A.
3.3. Results of Volumetric Refrigerating Capacity and Discharge Temperature
The calculation results of volumetric refrigerating capacity are shown in Fig. 5. To meet the demand
of the same refrigeration capacity, refrigerants with larger volumetric refrigerating capacity needs
smaller volume flow. It results in a tinier size of compressor and fewer materials required for
manufacturing, which helps reduce the value of LCEP or AEP. Although most of the refrigerants have
lower volumetric refrigerating capacity than HCFC-22, some outstanding refrigerants can be easily
found. The capacity of HFC-32 is extremely high under the high and medium temperature
refrigeration conditions, though it is not suitable to work under low temperature refrigeration condition.
The mixed refrigerants, R454B, R463A, R447A and R410A, show high capacity under all conditions.
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refrigeration condition
Figure 5: Calculation results of volumetric refrigerating capacity under different conditions.

The calculation results of discharge temperature are shown in Fig. 6. High discharge temperature
may adversely affect the lifetime of compressor, resulting in a high value of AEP. It is observed that
refrigerants showing high capacity in Fig. 5 have high discharge temperature meanwhile. For
example, HFC-32 have the highest discharge temperature under the high and medium temperature
refrigeration conditions. This situation also occurs when it comes to the mixed refrigerants which are
mentioned above.
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Figure 6: Calculation results of discharge temperature under different conditions.

3.4. Discussion
By comparison of calculation results among three working conditions, it can be seen that there is
relative performance difference of refrigerants under various conditions, which results in the
fluctuation of values, especially in Fig. 4(b) and Fig. 4(c). The compared results indicate that
performance analysis under different conditions is indeed needed.
It can be found in Fig. 4 that HFC-161 has higher COP than HCFC-22 under all working conditions,
while R455A, HFC-152a and R444A are better only under the high temperature refrigeration
condition. However, since HCFC-22 has a relatively high GWP value with large charge amount, the
DE of HCFC-22 becomes an important part of its total impact on global warming. Hence, if
refrigerants with COP close to that of HCFC-22 have lower DE, carbon emissions might be reduced
according to the indicator TEWI. It is assumed that the refrigerants work under high temperature
refrigeration condition, and the parameters are listed in Table 5. As pure fluids, the TEWI values of
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HFC-161, HFC-152a, HFC-134a, HC-290 and HFO-1234ze(E) are smaller than that of HCFC-22.
R455A, R444A, R454C and DR-4 are mixed refrigerants with less carbon emissions. It is noteworthy
that almost all of them are capable of igniting. In conclusion, the calculation results indicate that
some flammable refrigerants have lower GWP, less refrigerant charge and COP close to that of
HCFC-22. If these refrigerants are used carefully, it is an effective manner to reduce carbon
emissions. Besides, it is noted that all HFC / HFO mixtures are acceptable or near acceptable. Five
of them are Class A1 fluids, which demonstrates special design of composition to solve the problems
of flammability without a significant performance cost. GWP value can also be decreased through
combining refrigerants with low GWP and refrigerants with high GWP. Using mixed refrigerants is
another practical means, and the special designed mixtures are the most possible potential
substitute refrigerants.
Analysis of Fig. 5 and Fig. 6 reveals that there is contradiction between high volumetric refrigerating
capacity and low discharge temperature to decrease AEP. It needs to be investigated further to
balance between these two factors if exactly reducing carbon emissions is required.
Table 5. Parameters of TEWI calculation

Parameter
Refrigeration capacity (kW)
Annual leakage rate (%)
Life of the system (years)

Value
2.5
2
15

Parameter
Annual working time (hours∙year-1)
Carbon emission factor (kgCO2∙kW -1·h-1
Recovery rate of refrigerant (%)

Value
1500
0.86
80

4. CONCLUSIONS
The theoretical analysis of energy efficiency on different refrigerants in the vapor compression
refrigeration cycle under three working conditions is theoretically calculated, and the charge amount,
COP, volumetric refrigerating capacity and discharge temperature of these refrigerants are obtained.
Based on the results, some suggestions for the selection of refrigerants are provided.
(1) Analysis under different conditions is indeed needed because there exists relative performance
difference when working conditions change.
(2) When considering the DE of refrigerants, although the indicator ERR is more comprehensive,
comparing the GWP value is good enough to distinguish which refrigerant is better. Furthermore,
comprehensive indicators are recommended when evaluating refrigerants, because some
refrigerants with high COP might cause more carbon emissions eventually.
(3) It should be investigated further to balance between volumetric refrigerating capacity and
discharge temperature in order to reduce total carbon emissions.
(4) Some flammable pure refrigerants are suggested due to their relative good performance and
environmentally friendly properties. Besides, the use of mixed refrigerants is another reasonable
solution. They can maintain good performance as well and even eliminate the risks of flammability.
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NOMENCLATURE
h
q
w
hr
E
F
L
N

Enthalpy of refrigerants (kJ/kg)
refrigerating capacity per unit mass (kg/kW)
energy consumed by compressor (kg/kW)
annual working time (hours)
emissions corresponding to energy required
for refrigerant production (kg CO2/kg)
emissions corresponding to energy caused
by by-products (kgCO2/kg)
annual leakage amount (kg)
life of the system (years)

m
G
α
β

mass (kg)
emissions corresponding to energy
required to convert old materials into
new ones (kgCO2/kg)
recovery rate (%)
carbon emission factor (kgCO2/(kW•h))

Subscript symbols
1
refrigerants
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Q

refrigeration capacity (kW)

i

other parts that cause emissions
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ABSTRACT
The spray concentration tower plays an indispensable role in solar energy - air evaporating
separation saline wastewater treatment system. The heat and mass transfer performance of the
counter-flow spray concentration process is investigated in this paper. The CFD model is established
for studying the heat and mass transfer performance of this process under different working
conditions and the experiment research is carried out to prove the simulation. The influence of air
flow rate and different heating form are also discussed. The results show that the maximum relative
errors between the experiment and simulation results of the outlet air temperature, the outlet
wastewater temperature and the outlet air relative humidity are 2.58%, 2.92% and 5.94%,
respectively. Increasing the temperature of supplied air and spraying brine is beneficial to
accelerating the concentration rate. In addition, when wastewater is used as the heat carrier, the
evaporation efficiency (EE)becomes higher.
Key words: Air, CFD, Evaporation, Separation, Spray, Waste Water.

1. INTRODUCTION
The rapid development of industrialization promoted the economic boom and facilitated the human
life, but some inevitable problems also arose. Water pollution is an important part of these inevitable
problems. The improper discharge of industrial waste water has a huge impact on the ecological
environment, especially the high-salt wastewater, which contains various elements including some
toxic heavy metal ions (Chai et al., 2018).
High-salt wastewater is mainly produced in the chemical production process, including coal chemical
processes, dye production, and pesticide production (V. Katheresan et al., 2018). Nowadays,
common treatment methods for high-salt wastewater include chemical precipitation (C. Peng et al.,
2004), electrochemistry (H.I. Maarof et al., 2017), absorption (X. Huang et al., 2018), membrane
separation (Tun et al., 2011) and evaporation. These methods have their own advantages and
disadvantages in the treatment of high-salt wastewater. Therefore, in practical industrial application,
multiple treatment methods are often combined with each other. In order to achieve the requirement
of zero discharge of waste liquid, evaporation method is usually used as the last step of treatment
(Wei et al., 2011) leading to the complete separation of water and salt in high-salt wastewater. At
present, multi-effect evaporation (MEE) technology (I.S. Al-Mutaz et al., 2014) and mechanical vapor
recompression (MVR) technology (M. Ahmadi et al., 2017) are the most widely applied zero emission
evaporation treatment technologies in the field of industrial high-salt wastewater. However, these
two mature evaporation treatment technologies still have problems of high energy consumption, high
system operation cost, frequent equipment maintenance, serious corrosion and scale buildup.
Therefore, it is indispensable to develop a new low cost and energy saving evaporation technology
for high salinity wastewater treatment.
Spray technology is widely used in the separation of solutions, such as the production of milk powder,
chemical fertilizer and powder medicine (S. Wang et al., 2009). Applying spray technology to high
salt wastewater treatment can effectively solve the problem of scaling and corrosion of equipment.
At the same time, if solar energy is used as a heat source for heating air, it can reduce the
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consumption of fossil energy and cut down the operating cost of the system. The spray evaporation
technology combined with solar energy is widely used in the research and application of desalination,
especially in combination with HDH technology (S.A. El-Agouz et al., 2014). However, there is still a
lack of research on high-salt wastewater treatment by this solar spray evaporation technique, as the
treatment of high-salt wastewater not only requires the recovery of pure water but also the recycling
of salt for reuse. In recent years, there have been some research on treating high-salt wastewater
using solar spray evaporation technique, but some unavoidable defects exist in these systems, such
as the high temperature of the supply air (Fei et al., 2015) or the need for a certain degree of vacuum
in the system (Q. Chen et al., 2018).
Therefore, the method of two-stage treatment is a feasible choice. A novel solar energy air
evaporating separation saline wastewater treatment system is proposed in this paper and the system
is designed in Fig. 1. The system uses solar energy as the heating source of air and wastewater,
and combines the spray concentration tower and the spray separation tower to treat the high-salt
wastewater in two stages. By adjusting the air valve, the two towers can operate under different solar
energy collection conditions to adapt to the unstable energy input of solar energy. Here, the spray
concentration tower is a very important part in this system. Not only is concentrated wastewater more
likely to be separated and dried into salt powders, the concentration process inside the spray column
consumes most of the heat. Therefore, it is necessary to study heat and mass transfer of the
concentration process of spray concentration tower.
Air valve 1

Air valve 2

draught
fan 1
Solar
wastewater
collector

Solution
valve 2

Spray
concentration
tower

Circulating
pump
Solution
valve 1

Peristaltic
pump
Wastewater
tank

Solar air
collector
Spray
Metering separation
tower
pump
Solution
valve 1

Salt powder

Bag
filter
Draugh
t fan 2

Heat
regenerator
The air inlet
Condensate
water

The air outlet

Cooler
Condensate
water

Salt powder
The air flow
The wastewater flow

Wastewater
storage tank

Figure 1 The diagram of the solar energy air evaporating separation saline wastewater treatment
system

2. CFD MODEL
In order to study the heat and mass transfer of the two-phase flow in the spray tower that could not
be obtained through experiments, a dynamic model is established for the main flow of the spray
concentration tower. In this research, ANSYS Fluent 15.0 is used to carry out dynamic simulations
of this process.
2.1

Physical model

In order to improve the operation efficiency, the geometry diagram of spray concentration tower given
in Fig. 2 is simplified, and a two-dimensional columnar coordinate (axisymmetric) model is
established with the center symmetry axis of the tower as the symmetrical interface (an interface
used in the simulations). Discrete phase droplets flow in from the top of the simplified model of the
tower and out from the bottom, while air comes in from the bottom and comes out from the top. The
concentration process in the whole main flow area is counter-flow. Afterwards, the physics model is
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meshed using the ICEM software in ANSYS. The grid division is in the form of a rectangular grid,
and the grid of the boundary layer on the wall is partially serried. The mesh generation diagram and
its local magnification diagram are shown in Fig. 2 and the total number of grids is 162,652.

Figure 2 Mesh diagram of main flow area of spray concentration tower

2.2

Continuous phase (air) model

The air flow in the spray concentration tower is a continuous turbulent flow. Therefore, based on the
N-S equation, the continuity equation and momentum equation in the case of cylindrical coordinates
are expressed in the following form.
Continuity equation:
𝜕𝜌𝑎
𝜕
𝜕
𝜌𝑎 𝑣𝑟
Eq. (1)
(𝜌𝑎 𝑣𝑥 ) + (𝜌𝑎 𝑣𝑟 ) +
+
= 𝑆𝑚
𝜕𝑡
𝜕𝑥
𝜕𝑟
𝑟
Axial momentum equation:
𝜕
1 𝜕
1 𝜕
(𝜌𝑎 𝑣𝑥 ) +
(𝑟𝜌𝑎 𝑣𝑥 𝑣𝑥 ) +
(𝑟𝜌𝑎 𝑣𝑟 𝑣𝑥 )
𝜕𝑡
𝑟 𝜕𝑥
𝑟 𝜕𝑟
Eq. (2)
𝜕𝑃 1 𝜕
2𝜕𝑣𝑥 2
1 𝜕
𝜕𝑣𝑥 𝜕𝑣𝑟
=−
+
− (∇ ∙ 𝑣𝑎 ))] +
+
)] + 𝐹𝑥
[𝑟𝜇𝑎 (
[𝑟𝜇𝑎 (
𝜕𝑥 𝑟 𝜕𝑥
𝜕𝑥
3
𝑟 𝜕𝑟
𝜕𝑟
𝜕𝑥
Radial momentum equation:
𝜕
1 𝜕
1 𝜕
(𝜌𝑎 𝑣𝑟 ) +
(𝑟𝜌𝑎 𝑣𝑥 𝑣𝑟 ) +
(𝑟𝜌𝑎 𝑣𝑟 𝑣𝑟 )
𝜕𝑡
𝑟 𝜕𝑥
𝑟 𝜕𝑟
𝜕𝑃 1 𝜕
𝜕𝑣𝑟 𝜕𝑣𝑥
1 𝜕
2𝜕𝑣𝑟 2
𝑣𝑟
Eq. (3)
=−
+
+
)] +
− (∇ ∙ 𝑣𝑎 ))] − 2𝜇𝑎 2
[𝑟𝜇𝑎 (
[𝑟𝜇𝑎 (
𝜕𝑥 𝑟 𝜕𝑥
𝜕𝑥
𝜕𝑟
𝑟 𝜕𝑟
𝜕𝑟
3
𝑟
2 𝜇𝑎
+
(∇ ∙ 𝑣𝑎 ) + 𝐹𝑟
3 𝑟
In these two momentum equations, ∇·va represents the velocity gradient, and its expression is:
𝜕𝑣𝑥 𝜕𝑣𝑟 𝑣𝑟
Eq. (4)
∇ ∙ 𝑣𝑎 =
+
+
𝜕𝑥
𝜕𝑟
𝑟
The turbulent RNG k-ε model is selected in this simulation research due to its high accuracy and the
wall treatment is set up as standard wall function. The turbulent viscosity can be calculated by:
𝑘2
Eq. (5)
𝜇𝑡 = 𝐶𝜇 𝜌𝑎
𝜀
2.3

Discrete phase (solution droplets) model

The liquid phase flow model adopts the discrete phase model (DPM). Meanwhile, the following
hypothesis are given for liquid phase spray.
(1) The spray droplets follow the Rosin-Rammler distribution, the droplets are symmetrical spherical
and the interactions between the droplets, such as collision and agglomeration, are negligible.
(2) Since the droplets are larger than 10μm in diameter, they are not mesoscopic. Therefore, the
effects of Brownian force, basset force and saffman buoyancy are ignored.
(3) The mass and momentum and energy exchange and transmission between gas and liquid are
carried out through relative motion of the two-phase flow and heat and mass transfer.
Therefore, discrete phase droplets are affected by its own inertia, gas phase aerodynamic drag force
and gravity. According to the combined Euler-Lagrangian approach, the trajectory of droplets can be
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obtained by the following force balance equation:
𝑑𝑣𝑑
𝑔(𝜌𝑑 − 𝜌𝑎 )
Eq. (6)
= 𝐹𝐷 (𝑣𝑎 − 𝑣𝑑 ) +
𝑑𝑡
𝜌𝑑
Here FD can be calculated by:
Eq. (7)
18𝜇𝑎 𝑅𝑒𝑑
𝐹𝐷 = 𝐶𝐷
Eq. (7)
𝜌𝑑 𝑑𝑑2 24
CD and Red respectively represent the drag coefficient and the liquid drop relative Reynolds number,
and their expressions are as follows:
𝑎2
𝑎3
𝐶𝐷 = 𝑎1 +
+ 2
Eq. (8)
𝑅𝑒𝑑 𝑅𝑒𝑑
𝜌𝑎 𝑑𝑑 |𝑣𝑎 − 𝑣𝑑 |
Eq. (9)
𝜇𝑎
In the above formula, a1, a2 and a3 are constant and can be obtained from the literature (Morsi S A.
et al., 1972). It is assumed that the droplet is spherical, the internal temperature distribution of a
single droplet is uniform, and the effect of thermal radiation can be ignored. The heat balance
equation of the gas-liquid two-phase flow can be expressed as:
𝑑𝑚𝑑𝑝
𝑑𝑇𝑑
Eq. (10)
𝑚𝑑𝑝 𝐶𝑝
= ℎ𝐴𝑑 (𝑇∞ − 𝑇𝑑 ) +
ℎ
𝑑𝑡
𝑑𝑡 𝑓𝑔
The equation of mass transfer process is as follows:
𝑑𝑚𝑑𝑝
Eq. (11)
= −𝑘𝑐 𝐴𝑑 (𝐶𝑠 − 𝐶∞ )
𝑑𝑡
(Sh). The correlation formula is as follows:
1
1
ℎ𝑑𝑑
Eq. (12)
Nu =
= 2 + 0.552𝑅𝑒𝑑2 𝑃𝑟 3
𝜆∞
𝑅𝑒𝑑 =

Sh =
2.4

1 1
𝑘𝑐 𝑑𝑑
= 2 + 0.552𝑅𝑒𝑑2 𝑆𝑐 3
𝐷𝑚

Eq. (13)

Grid dependence analysis

In order to save the calculation time and improve the calculation accuracy, the grid sensitivity test
was carried out for the heat and mass transfer of the model. Under the same inlet boundary
conditions (Ta in=323.15, Tw in=323.15, win=0.01266 and c=20%), the models with different mesh
densities are simulated, and the results of the outlet parameters are shown in Table 1. It can be seen
from the table that when the grid density reaches 162,652, the calculation error under different mesh
densities is already inappreciable. Thus the grid model with a grid number of 162,652 is selected as
the model for this simulation research.
Table 1 Comparison of simulation results under different grid densities

Number of grid

Outlet air
temperature (K)

Outlet air humidity
ratio (kg/kg dry air)

Outlet solution
temperature (K)

81,326

317.53848

0.03725083

309.13327

121989

317.39525

0.03737082

308.97401

162,652

317.37936

0.03739971

308.99014

3. EXPERIMENTAL VERIFICATION
To check the CFD model, comparisons between experimental results and simulation results are
indicated in this section. As is shown in Fig. 3, the experimental results of the three parameters which
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can be obtained directly through experiments are compared with the simulation results.
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Figure 3 Comparison between experimental results and simulated results.

Here, each point represents an independent working condition, and in each working condition, the
simulated initial conditions are set to the same as the inlet results of the spray tower measured in
the experiment. It is observed that all outlet solution temperature (Figure 3a) and outlet air
temperature (Figure 3b) points fall within the range of ±5%, and the errors of outlet air relative
humidity (Figure 3c) are basically less than ±5%, with a few exceptions. Therefore, the model is
reliable and it can be used to predict the important parameters in various situations.

4. RESULTS AND DISCUSSION
In this spray concentration tower, the efficiency of the concentration process is directly related to the
heat and mass transfer. The 4 main influencing factors (solution inlet temperature, air inlet
temperature, air mass flow rate and solution concentration) are involved in this part and the analysis
of these factors is proceeded.
4.1

Effects of solution inlet temperature and air inlet temperature

With the case of different solution inlet temperature, the change of solution outlet temperature, air
outlet temperature, evaporation rate (me) and evaporation efficiency (EE) with air inlet temperature
is shown in Fig. 4. Here, the mass flow rate of solution and air is 130kg/h and 83.1kg/h respectively
and the solution concentration is 10%.
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Figure 4 Effects of solution inlet temperature (Tw in) and air inlet temperature (Ta in)

From Fig. 4a, although the evaporation rate increases with the increase of the two fluids inlet
temperature, it is clear that the increase of the solution inlet temperature is more effective in
increasing the evaporation rate. Meanwhile, when Fig 4b is investigated, increasing the solution inlet
temperature can heighten the evaporation efficiency (EE), while the increase of air inlet temperature
cannot enhance the evaporation efficiency (EE) and even cause the evaporation efficiency (EE) to
go down a little bit. Hence, heating solution is more effective in promoting mass transfer in spray
concentration tower than heating air.
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4.2

Effects of air mass flow rate

It is well known that the change of flow rate will lead to the change of Reynolds number and also
affect the heat and mass transfer of the two phases. In this section, the effects of air mass flow rate
on me and EE are illustrated in Fig. 5, with the condition of the solution mass flow rate at 130kg/s,
the solution concentration at 10% and the solution inlet temperature at 60℃. From Fig. 5a, with the
increase of air mass flow rate, the evaporation rate of the spray concentration tower positively
elevates. However, the increase of air mass flow rate also results in the decrease of evaporation
efficiency (EE) shown in Fig. 5b. That is because although the increase of air mass flow rate can
make Reynolds number ascend and thus promote the mass transfer process and evaporation rate
in the tower, the increase of air flow rate also augments the heat input. The increased heat input has
a bigger effect than the enhanced mass transfer, so the evaporation efficiency (EE) decreases
gradually.
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Figure 5 Effects of air mass flow rate (md)

4.3

Effects of solution concentration

As is demonstrated in Fig. 6, the effects of solution concentration on me and evaporation efficiency
(EE) are given, with the condition of the solution mass flow rate at 130kg/s, the air mass flow rate at
83.1kg/s and the solution inlet temperature at 60℃.
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Figure 6 Effects of solution concentration (c)

With the increase of solution concentration, the evaporation rate and evaporation efficiency (EE)
both decrease. The increase of solvend undoubtedly worsens the mass transfer effect of the
concentration process. There are two reasons for this phenomenon. One is that the increase of
solution concentration will change the physical parameters of the solution, such as specific heat
capacity and viscosity. The other is that the surface steam partial pressure of the solution increases
as the concentration of the solution increases at the same solution temperature.
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4.4

Effect of heat distribution

Considering that the influence of temperature would change the heat brought into the concentration
process by the two-phase flow, it is not rigorous to make a conclusion only from the change of
temperature. Hence, the effect of heat distribution between wastewater carried and air carried is
discussed. As is shown in Fig. 7, Both evaporation rate and evaporation efficiency (EE) decrease as
the air heating percentage increases and the trend is consistent for different total heat input. That is
to say, when wastewater is used as the heat carrier, the concentration process is more high-efficiency.
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Figure 7 Effects of heat distribution

5. CONCLUSION
The spray concentration process in solar energy air evaporating separation saline wastewater
treatment system is investigated using CFD simulation. The research results have been compared
with the experimental data, and the errors between are all no more than 6%. Therefore, the numerical
model is accurate basically in predicting air temperature, salt solution temperature and air humidity
of a spray concentration tower. Simultaneously, the effect of several important factors on the tower
performance is investigated.
1 In the concentration process, increasing the inlet temperature of air and solution can effectively
promote the evaporation rate,
2, Increasing the temperature of waste water is more effective in increasing the evaporation
efficiency (EE) than increasing the temperature of air.
3, The increase of wastewater concentration would result in the decrease of both evaporation rate
and evaporation efficiency (EE).
4, Whatever the total input heat, when wastewater is used as the heat carrier, the concentration
process is of higher efficiency.

NOMENCLATURE
Symbol
a1, a2 and a3
Ap
CD
Cp
Cs
C∞
c

Constant parameters for
calculation of drag coefficient
Surface area of the droplet (m2)
Drag coefficient
Heat capacity (J/mol K)
Moisture concentration at the
droplet surface (mol/m3)
Moisture concentration in the bulk
gas (mol/m3)
Salt concentration of wastewater

dd
EE
F
g
h
hfg
k
kc

(%)
Droplet diameter (m)
Evaporation efficiency (kg/kJ)
User-defined-function of additional
forces
Gravitational acceleration (m/s2)
Convective heat transfer
coefficient (W/m2 K)
Latent heat (J/kg)
Turbulent kinetic energy (m2/s2)
Mass transfer coefficient (m/s2)
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mdp
me
P
r
RH
Sm
t
v
T
T∞
w
Greek
symbols
ε
μ
μt
ρ
λ∞

Mass of droplet (kg)
Evaporation rate (kg/s)
Pressure (Pa)
Radius of the tower (m)
Relative humidity (%)
User-defined mass source
Time (s)
Velocity (m/s)
Temperature (℃)
Gas phase temperature (℃)
humidity ratio (kg/kg dry air)
Energy dissipation (m /s )
Viscosity (kg/m s)
Turbulent viscosity (kg/m s)
Density (kg/m3)
thermal conductivity of the gas
2

2

Subscripts
a
w
d
in
out
x
r
Nondimensional
number
Nu
Pr
Re
Sc
Sh

phase (W/m K)
Air
Wastewater
Droplet
Inlet
Outlet
Axial direction
Radial direction

Nusselt number
Prandtl number
Reynolds number
Schmidt number
Sherwood number
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ABSTRACT
The paper deals with experimental determination of heat transfer coefficient in packed bed of
vegetables, using a variable intensity of turbulence in the flowing air stream. The paper presents
the results of the influence of turbulence intensity on the heat transfer coefficient in the carrot bed.
Correlations for heat transfer coefficient can be found in the literature for calculation of heat
transfer, but in most cases, they are developed for elements with simple geometry such as a
sphere, cylinder, cone or a flat plate and they are not suitable for packed vegetable beds with very
complex geometry. Therefore, the method of single blow technique to determine the heat
exchange in the beds consisting of specific vegetables on the example of a carrot bed was applied.
The measurements were made with air flow with three different turbulence intensity values as well
as longitudinal positioning of the carrot in the bed. The results obtained in this way will allow to
create a correlation for heat exchange for a specific type of vegetable.
Keywords: turbulence, single blow, heat transfer, measurements, vegetables, correlations

1. INTRODUCTION
The work concerns the determination of heat exchange in a packed bed of vegetables on the
example of a carrot bed. Knowledge of heat exchange parameters and conditions during the
cooling or storage of vegetables is important for the effective design of cold rooms. Measurements
related to the determination of the heat transfer coefficient in a packed vegetable bed are
complicated due to the highly complex geometry of the bed itself, as well as the individual
elements of which the bed consists, i.e. vegetables. Due to the highly complex geometry of the
bed, it is impossible to use the simplest methods based on direct measurement of the average
temperature of the vegetable surface, the temperature distribution of the flowing air, or the heat flux
density.
Available dependencies that can be found in the literature, mainly describe the heat exchange in
elements with a simple geometry, i.e. a flat plate, a cylinder, a sphere or a cone. In addition,
literature can provide information on heat exchange in packed bed, consisting of elements with a
simple geometry, ie from the elements listed above. The elements of the bed, which are discussed
in the article, i.e. vegetables, usually have intricate geometry themselves in the course of arranging
the vegetables in the bed, the geometry is significantly complicated, which makes the available
dependencies not useful in such a situation. Due to the lack of knowledge of heat transfer
coefficients and methods for prediction of heat transfer in vegetable bed, it was proposed attempt
to use the single blow method to determine heat transfer in a packed vegetable bed.

2. METHODOLOGY
In order to determine the average heat transfer coefficient, the work uses the so-called single blow
technique, which is considered effective in determining heat exchange in a packed vegetable bed.
The average value of the heat transfer coefficient is based on the heat exchange between the
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actual surface of the elements filling the bed and the gas flowing through the bed. In the single
blast method, the heat transfer coefficient α is determined by comparing the actual air temperature
profile (heated before it flows into the bed) measured at the outlet of the tested bed with the
predicted temperature profile determined on the basis of the theoretical model. Correct comparison
of the temperature profile with the experiment and the predicted theoretical profile depends on the
heat transfer coefficient which is used in the theoretical heat exchange model. The measurement
approach to the discussed method is presented in Fig. 1.

Figure 1: The idea of measuring the heat transfer by mean the single blow technique

The measurement in the single blow method consists in recording the temperature profile of the
flowing gas, variable over time, directly at the inlet and outlet of the bed. The change in
temperature of the flowing gas is caused by switching the heating element on or off. The following
conditions need to be met before the measurement:
• gas flow is steady state (constant velocity);
• the temperature in the measurement section is constant and equal in the axial and radial
directions.
Temperature profiles recorded during the single blow technique measurements are used when
solving equations modelling heat exchange in the tested packed bed. The measured temperature
leap or profile at the inlet to the test section is the boundary condition for the model equations. The
measured temperature profile at the outlet of the test section should be predicted on the basis of
the model. However, the theoretical and the measured outlet temperature profiles may be
compared in several ways that may be thought as equivalent, Butrymowicz et al. (2016).
The most basic one-dimensional model of transient heat transfer between a porous body and a
fluid flowing through it is the model proposed by Anzelius (1926). This model became the basis for
many further modifications and is still being developed by removing the numerous simplifications
assumed by the author in order to obtain analytical solution of the model equations. Anzelius
(1926) model is based on the energy balance for a solid body element (porous or perforated
packing of the exchanger) in the situation presented in Fig. 2.
One of the reasons for the inaccuracy in determining the heat transfer coefficient by the single

Figure 2: Energy balance between fluid (f) and the packed
bed element (s) (Anzelius 1926)
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blast method is the difficulty in realizing the temperature jump at the inlet of the exchanger. This
state of affairs occurs due to the heat capacity of the heater, i.e. the temperature always rises in a
certain time interval. The modifications introduced by Liang and Yang (1975) minimize the
problems associated with experimental jump of the temperature at the inlet of the tested deposit.
The authors (Liang and Yang 1975) proposed an equation for a dimensionless temperature profile
at the bed inlet during turning on or off the heater as an exponential function in the form:

q f (t ,0) = 1 - e-t /t

*

Eq. (1)

where t* is an experimentally determined dimensionless constant.
In the Anzelius (1926) model, Liang and Yang (1975) included in the balance of liquid energy, its
heat capacity, and presented the equation of gas energy equilibrium as follows:

¶q f
¶t

+ b1

¶q f

= b2 (q f - q s )

¶z

Eq. (2)

The thermal conductivity of the solid has been ignored. In dimensionless form, the equation of
energy balance for a solid can be presented in the form of:

¶q s
= q f - qs
¶t

Eq. (3)

The coefficients b1 and b2 in Eq. (2) are constants and can be presented in the form:

b1 = b2

wf
A f ,min

, b2 =

ms c s
mf cf

Eq. (4)

where wf is the volume of fluid (gas) inside the packed bed, while Af,min is the smallest crosssection of the bed through which the fluid flows. To calculate the dimensionless temperature value
θ, the temperature of the fluid Tf1 is required, which will settle at the inlet to the bed after a suitable
time from the heater on. Eq. (2) and (3) together with the boundary condition recorded in equation
(1) and initial conditions:

q s (0, z ) = q f (0, z ) = 0

Eq. (5)

were solved (Liang and Yang, 1975) with the use of the Laplace transform which gave a set of
equations:

pq + b1

dq f
dz

(

= b2 q s - q f

)

pq s = q f - q s

q f ( p,0) =

Eq. (7)

1
æ
è

Eq. (6)

t * pç p +

1ö
÷
t* ø

Eq. (8)

where q denotes the transform, and p is its argument. The solution to the set of Eq. (6)–(8) in
relation to q f is as follows (Liang and Yang, 1975):
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Eq. (9)

Finding the inverse Laplace transform for Eq. (9) at z = NTU, the following relationships describing
the profile of dimensionless temperature at the packed bed outlet are obtained:
- if τ < t* (i.e.: t < L/wf): it is, for the period in which the temperature jump did not reach the bed
outlet.
q f (t , NTU ) = 0

Eq. (10)

- when τ ≥ t* (i.e. t ≥ L/wf): it is obtained the temperature distribution behind the bed

q f (t , NTU ) =

1

t

t * tò*

e

-(t -h ) / t *- b2t *

(

))

(

)

h -t *
ì
ü
ï -(h -t*)
ï
*
*
I 0 2 b2t h - t + ò e -x I 0 2 b2t *x dx ýdh Eq. (11)
íe
ï
ï
0
î
þ

(

where t* denotes dimensionless time defined as follows:
NTU
t* =
b1
Eq. (12)
Provided the relatively high numerical cost connected with the application of more complex
mathematical models of heat transfer in regenerators, the authors decided to use the above
modified Liang and Yang model (Liang and Yang, 1975). The key element in this model is the
consideration of the exponential character of the inlet temperature profile which allows to avoid a
considerable error resulting from the impossibility to execute an immediate leap of temperature at
the inlet of the tested packed bed. The described model has proved itself useful in the
measurement of the average heat transfer coefficient for packed mineral deposits, as presented in
the works of Butrymowicz et al. (2016) and Łapiński et al. (2017).

3. TEST APPARATUS
The test tunnel consists of three sections as it is show in Fig. 3. Air flow rate in the tunnel was
controlled by means of change of the centrifugal exhaust fan rotational speed. The electric heater
capacity was also controlled. The test stand consists of fourth parts:
• the first section - intake, straightening the air stream, and measuring the flow of air;
• the second section, changing the geometry of the tunnel (reducing the tunnel crosssection);
• the third section - measuring section, measurement of individual parameters, place of
laying the deposit;
• the fourth section - outlet, with the diffuser inserted and the fan mounted.

Figure 3: Schematic diagram of the test tunnel: 1 – flow rectifier; 2 – air flow rate and temperature
sensors; 3 - electric air heater; 4 – confusor/diffuser; 5 – thermocouples net at the tested bed inlet; 6
– moisture sensors; 7 – pressure gauges; 8 – tested packed bed of vegetables; 9 – thermocouples
net at the tested bed outlet; 10 – exhaust fan; 11 - element disrupting the air flow; 12 - measurement
of turbulence intensity
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The wind tunnel uses an electric heater, which is designed to raise the temperature of flowing air in
the tunnel by 5-10 K above the ambient temperature. The electric heater was designed so that the
time constant of the temperature rise was as short as possible. This is an important feature from
the point of view of the theoretical model that is used to prepare the results of measurements.
Simple theoretical models assume an immediate rise in temperature at the inlet of the bed.
However, more complicated models use appropriate exponential functions that approximate the
actual temperature increase caused by the electric heater. The reported measurements were
carried out for the case of carrot. The prepared packed bed of carrot before insertion in the test
tunnel were show in Fig. 4.

Figure 4: The packed bed of carrot: on the left a view of the bed inlet; on the right view from the top
Table 1. Parameters of the tested bed of carrot

Range
weight (g)

Average
mass (g)

Average
volume (dm3)

Average surface
area (dm2)

Amount in bed

60-65
65-70
70-75
75-80
80-85
85-90
90-95
95-100
100-105
105-110
110-115
115-120
120-125
125-130
130-135
135-140
140-145
145-150
150-155
155-160
160-165
165-170
170-175
175-180
180-190
190-200

62.3
67.7
73.3
77.7
83.0
87.6
92.2
97.2
103.0
106.4
113.2
116.8
121.6
126.8
132.6
136.4
141.8
148.0
152.2
156.4
162.2
167.2
171.8
177.6
184.4
194.4

0.060
0.066
0.070
0.078
0.079
0.086
0.090
0.093
0.100
0.104
0.108
0.112
0.120
0.130
0.128
0.131
0.138
0.145
0.163
0.156
0.158
0.169
0.165
0.168
0.178
0.189

1.095
1.125
1.295
1.262
1.332
1.408
1.485
1.508
1.600
1.616
1.553
1.614
1.762
1.819
1.889
1.883
1.984
1.848
1.983
1.981
2.079
2.033
2.114
2.325
2.432
2.397

17
16
12
19
23
13
25
20
11
16
19
12
15
8
7
15
9
7
13
8
4
1
7
0
14
8
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Table 2. Summary parameters of the carrot bed

Average mass (kg)
Average heat transfer
surface area (m2)
Average volume (m3)
Average
density
(kg/dm3)

35.69

5.179
0.0349
1.023

A geometry was determined for the carrot bed which in subsequent calculations served to
determine the average heat transfer coefficient. In order to determine the geometry of the bed, the
carrots were divided into particular weight groups first. Then, in each weight group, the piece with
the average weight of the group was selected and the geometrical parameters were determined for
the given art. The results of these parameters are listed in Table 1.
The average hydraulic diameter of the packed bed Dh May be assessed on the basis of porosity:

dh =

4 Ap
Up

=4

Vp
Ap

=4

e
a

Eq. (13)

In order to create a different degree of turbulence intensity of the flowing air stream, elements
disturbing the stable air flow were introduced in the first section of the tunnel (Fig. 3). The boxes
were applied as disturbing elements (Fig. 5), which were arranged in such a way that it was
possible to reproduce the same turbulent flow conditions for all cases of the tested beds, i.e. for
lack of the boxes there is minimum turbulence level, with one empty box the intermediate level of
turbulence is produced, and for the combination of boxes that highest turbulence level is achieved.

Figure 5: Elements that disrupt the air flow (on the left: first degree of
interference, on the right: second degree of interference)

4. TEST RESULTS
Measurements of the turbulence intensity allowed to determine the turbulence value of the flowing
air, in conditions without disturbances and with disturbances. The obtained turbulence intensity
results allowed to perform measurements at various flow turbulences, as well as to determine the
influence of turbulence intensity on the value of heat transfer coefficient. For undisturbed flow, the
turbulence intensity value Tu = 2% was assumed, for the first disturbance stage Tu = 7%, while for
the second stage the intensity of turbulence was assumed Tu = 14%.
After processing the results obtained from the measurements using the geometry presented above
(Table 2), the results are presented in the table below (Table 3 and Table 4):
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Tu = 2 %
w
(m/s)
0.108
0.179
0.241
0.277
0.355
0.420
0.525
0.612

Table 3. Results for longitudinal arrangement at turbulence intensity of 2% and 7%

ReBED

ReiB

281.3
463.8
624.5
720.9
922.4
1091
1365
1591

1897
3128
4211
4861
6220
7360
9020
10730

α
(W/m2K)
7.3
10.5
13.8
14.5
17.4
18.0
21.0
22.5

Tu = 7 %

Nu

Pr

7.138
9.935
13.161
14.950
18.163
19.493
22.166
23.269

1.049
1.015
1.023
1.107
1.120
1.163
1.133
1.110

w
[m/s]
0.101
0.176
0.232
0.272
0.343
0.458
0.505
0.591

ReBED

ReiB

263.4
459.7
602.7
708.8
890.5
1188
1313
1535

1776
3100
4064
4780
6005
8012
8852
10350

α
(W/m2K)
6.8
10.3
12.6
12.9
15.2
18.7
20.0
23.0

Nu

Pr

6.720
10.738
11.837
14.370
15.608
18.700
20.816
23.839

1.061
1.120
1.008
1.197
1.102
1.140
1.117
1.113

Table 4. Results for longitudinal arrangement at turbulence intensity 14%
w
[m/s]

0.091
0.180
0.237
0.268
0.328
0.417
0.511
0.596

Tu = 14 %

ReBED

ReiB

236.1
466.8
613.9
695.6
851.4
1082
1329
1549

1592
3148
4140
4691
5741
7300
8961
10450

α
[W/m2K]

5.8
10.4
12.5
13.3
14.4
17.8
20.6
22.9

Nu

Pr

3.623
9.919
11.972
12.777
14.836
18.648
21.614
24.176

1.040
1.023
1.027
1.030
1.106
1.124
1.126
1.133

Figure 6: Comparison of results for longitudinal arrangement at three different intensity levels of
turbulence

However, it should be known that the Reynolds number (Re) presented in the tables above has
values that are calculated in the channels inside the packed carrot bed (ReBED) and the inlet bed
(ReiB), while the w value refers to the velocity at the bed inlet. The results presented in the tables
above have been graphically presented in the chart below.
The comparison of results from heat exchange in a packed carrot bed at various degrees of
turbulence intensity is shown in Fig. 6. As can be seen from the graph in the whole extent
Reynolds number, there is no difference in the Nusselt number values for measurements with
different turbulence intensity values.
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5. CONCLUSIONS
Obtained results of measurements, using a non-invasive method of single blow and made at
different intensities of the flowing air stream, allowed to obtain information on the impact of this
parameter on the intensity of heat exchange in packed vegetable bed. As can be seen from the
graphs above, the value of the Nusselt number, which describes the intensity of heat exchange in
the range Reynolds number, does not change as the intensity of turbulence increases, the air
stream flowing into the bed inlet. The results allow to conclude that the lack of change in the
number of Nusselt with increasing turbulence of the air stream flowing into the bed may be caused
by laminarization of the stream which takes place inside the bed. The change in the Reynolds
number before and inside the bed is clearly shown in Table 3 and 4. In the further development of
work on heat exchange in a packed carrot bed, it is planned to determine the impact of the
arrangement of the deposit elements on the heat exchange rate in the bed.
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NOMENCLATURE
a
A
c
d
m
Nu
NTU
P
Re
T
Tu
U
v
w
z
Z

specific surface area (–)
transfer area (m2)
specific heat (J´kg-1´K)
diameter (m)
mass (kg)
Nusselt number (-)
number of heat transfer units (-)
Laplace transform variable (-)
Reynolds number (-)
temperature (°C)
intensity of turbulence (%)
perimeter (m)
volume (m3)
flow speed (m´s-1)
length coordinate in flow direction (m)
characteristic dimension (m)

α
heat transfer coefficient (W´m-2´K-1)
θ
dimensionless temperature (-)
λ
thermal conductivity (W´m-1´K-1)
ρ
density (kg´m-3)
τ
time (s)
τ*
dimensionless time (-)
Subscript
a
air
BED bed
f
fluid
h
hydraulic
iB
inlet bed
Min minimum
p
free space
s
solid
t
total
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ABSTRACT
This study experimentally investigated the boiling heat transfer and pressure drop characteristics of
R245fa/R1234ze(E) zeotropic refrigerant mixtures inside horizontal microfin tubes. The test tubes
were copper tubes with an outer diameter of 9.52 mm, equivalent inner diameters of 8.9 and 8.7 mm,
fin heights of 0.12 and 0.18 mm, and fin numbers of 65 and 85, respectively. The experiments were
conducted under mass velocities of 100 and 200 kgm–2s–1, mass fractions of 90/10, 80/20, and 65/35
mass% (R245fa/R1234ze(E)), and an average saturation temperature of 40 °C. The measured
boiling heat transfer coefficient and frictional pressure drop of the R245fa/R1234ze(E) refrigerant
mixture were lower than those of the pure refrigerant R245fa. During the boiling process, the heat
transfer coefficient was minimized at a R245fa/R1234ze(E) composition of 65/35 mass%, which had
the largest temperature glide. Furthermore, the frictional pressure drops decreased with the mass
fraction of R1234ze(E).
Keywords: Boiling, Zeotropic mixtures, Heat transfer, Pressure drop, Microfin tube, R245fa,
R1234ze(E), Refrigerant.

1. INTRODUCTION
A heat pump system to generate hot water and high-temperature steam, and a binary organic
Rankine cycle generator that utilizes a low-temperature heat source discharged from factories, has
attracted research attention among the various efforts focusing on preventing global warming.
R245fa has been commercially used in recent years for high-temperature heat pumps and binary
generators because of its low working pressure and high critical temperature compared to the
refrigerants currently used in refrigeration and air conditioning equipment. However, the capacity of
heat pump cycles using R245fa is lower than expected because of its significantly lower volumetric
capacity.
To improve the coefficient of performance (COP) and capacity of heat pumps, R245fa is designed
to blend R134a to offer a higher volumetric capacity. Guo et al (2016) investigated flow boiling heat
transfer of R245fa/R134a mixtures with 18/82 wt% in a smooth tube and compared with the
correlations for predicting the heat transfer coefficient. Watanabe et al. (2016) investigated boiling
and condensation characteristics of R245fa/R134a inside horizontal microfin tubes.
In the present work, the low GWP R1234ze(E) as an alternative to R134a in ORC systems is carried
out. The GWP of the R245fa/R1234ze(E) range from less than 400 to 600, which are still significantly
lower than those of R245fa. Furthermore, the refrigerant mixtures have the potential to approach the
requirements of the Lorenz cycle depending on the degree to which they match the application glide
in both the evaporator and condenser, because they operate at an improved mean temperature than
the corresponding pure refrigerant. However, the boiling heat transfer of R245fa/R1234ze(E) inside
horizontal microfin tubes has not yet been sufficiently clarified.
In the present study, the boiling heat transfer and frictional pressure drop of R245fa/R1234ze(E)
mixtures inside horizontal microfin tubes with an outer diameter of 9.52 mm were experimentally
investigated. The effects of the mass velocity, vapor quality, and mass fraction of R1234ze(E) on the
boiling heat transfer and pressure drop were clarified and compared to those in previous correlations.
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Gear pump
Coriolis-type mass flow meter
Water preheater
Electric preheater
Test section
After-cooler
Receiver tank

Figure 1: Schematic of the test loop

Test tube
Sheathed K-type thermocouple
T-type thermocouple
Absolute pressure transducer
Differential pressure transducer
Pt-resistance thermometer
Figure 2: Detailed view of the test section

2. EXPERIMENTAL APPARATUS AND PROCEDURE
Fig. 1 shows a schematic of the experimental apparatus used for the present study. The refrigerant
loop consists of a gear pump (1), Coriolis-type mass flow meter (2), water preheater (3), electric
preheater (4), test section (concluding three subsections) (5), cooler (6), and receiver tank (7).
A subcooled refrigerant that is pumped from the gear pump is adjusted to a predetermined vapor
quality at the counter-flow-type water preheater and electric preheater, after which it flows into the
test section. The refrigerant mass flow rate is controlled by the rotational speed of the pump and the
flow-regulating valves of the main and bypass loops. The aftercooler is supplied with cooling or
heating water primarily to adjust the refrigerant pressure. The flow rate of the test refrigerant is
measured using the Coriolis-type mass flow meter.
Fig. 2 shows details of the test section. The test section is a 2-m-long counter-flow-type double-pipe
heat exchanger. In this section, the refrigerant flows through the inner test tube, whilst the heat
source water flows through the outer annulus tube, which surrounds the inner tube. The test tube
consists of three subsections with total and effective heating lengths of 600 and 557 mm,
respectively. The bulk temperatures of the refrigerant at the inlet and outlet of the test section are
measured by sheathed K-type thermocouples with a measurement accuracy of ±0.05 K. The outer
tube wall temperature is measured using T-type thermocouples that are attached to the top, bottom
and sides of the exterior wall at the test tube center. The heat source water temperature is measured
by Pt-resistance thermometers that are inserted in the mixing chambers at the inlet and outlet of
each subsection. An absolute pressure transducer with an accuracy of ±0.75 kPa measures the
refrigerant pressure at the inlet of the test section, while two differential pressure transducers
measure the pressure drop between the inlet and outlet of each subsection. The test section and
electric preheater are encased with insulation. Table 1 lists the measurement uncertainties for this
experiment.
The test tubes are horizontal smooth and microfin copper tubes with an outer diameter of 9.5 mm.
The low fin-height (LF) and high fin-height (HF) tubes have an equivalent diameter of 8.9 and 8.7
mm, fin height of 0.12 and 0.18 mm, and fin numbers of 65 and 85, respectively. Details of the test
tube are shown in Table 2.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

991

Table 1. Measurement uncertainties

Instrument
Thermocouples
Mass flow meter
Absolute pressure
transducer
Differential pressure
transducer

Uncertainty
± 0.05 K
± 0.5 %
± 0.75 kPa
± 0.02 kPa

Table 2. Specifications of the test tubes

Tube
Outer diameter
Max. inside diameter
Equivalent diameter
Fin height
Number of fins
Helix angle
Surf. area enlargement

do
di
deq
hf
N
θ
η

[mm]
[mm]
[mm]
[mm]
[-]
[°]
[-]

ST
9.52
8.32
8.32
1

LF
9.53
8.95
8.89
0.12
65
16.5
1.31

HF
9.51
8.81
8.73
0.18
85
39.4
2.09

The test refrigerants were R245fa/R1234ze(E) mixtures. The heat transfer coefficient was measured
in a mass velocity range of 50–300 kgm–2s–1 and saturation temperature of 40 °C. The
thermodynamics properties of the refrigerants and the variation in the temperature glide are shown
in Table 3 and Fig. 3. The properties of the refrigerants and heat source water were calculated using
Refprop ver.10 (Lemmon et al., 2018).
Table 3. Thermodynamics properties at average
saturation temperature of 40 °C

P
ΔT
ΔhL
ρVL
ρV
μL
μV
λL
λV

MPa
K
kJkg-1
kgm-3
kgm-3
μPas
μPas
mWm-1K-1
mWm-1K-1

0.251
0
182.3
1297
14.01
329.1
10.94
83.29
13.95

R245fa/R1234ze(E)
90/10 mass%
80/20 65/35
0.306 0.356 0.427
9.1
6.2
10.1
178.7 175.3 170.8
1274
1253
1222
5
0
4
16.71
15.25
19.44
272.9
298.8
240.6
11.10 11.25 11.51
81.26 79.37 76.80
14.16 14.27 14.43

DT = Tdew - Tbub [K]

R245fa

15

Temperature glide difference at 40°C

Te
m

10

pe
ra
tu
re

5

0
0

gli

de

0.2
0.4
0.6
0.8
Mass fraction of R1234ze(E)

1

Figure 3: Temperature glide of
R245fa/R1234ze(E) mixture

3. DATA REDUCTION
The heat transfer rate Qs in a subsection is given by

! s × c ps × DTs
Qs = m

Eq. (1)

where ṁs and cps are the mass flow rate and specific heat capacity of the heat source water,
respectively, and ΔTs is the temperature difference between the inlet and outlet of the heat source
water at each subsection. The sectional boiling heat transfer coefficient α is defined by

a = q¢¢ (Twi - Tr )

Eq. (2)

where q’’ is the heat flux based on the actual heat transfer area for each subsection and can be
expressed as

q¢¢ = Qs (p × deq × L )

Eq. (3)

Tr is the refrigerant temperature, which is calculated from the inlet and outlet temperature at the test
section by interpolation for each subsection, and Twi is the inner wall temperature, which can be
calculated by Fourier’s law from the measured outer wall temperature Two:

Twi = Two - Qs ( 2p × l × L ) ln ( do deq )
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Figure 4: Frictional pressure drops of boiling flow for pure and mixture refrigerants
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Figure 5: Effect of mass fraction of R1234ze(E) on frictional pressure drops for boiling flow

where λ is the thermal conductivity of the tube wall, L is the effective heating length, and do and deq
are respectively the outer and equivalent diameters of the test tubes.
The frictional pressure drop ΔPF can be expressed as

DPF = DPmes - DPM

Eq. (5)

where ΔPmes is the measured differential pressure in each subsection and ΔPM is the acceleration
pressure drop calculated using the following equation:

{

}

DPM = D G 2 x 2 (xrV ) + G 2 (1 - x ) éë(1 - x ) rL ùû
2

Eq. (6)

where G is the mass velocity, x is the vapor quality, ρV and ρL are respectively the vapor and liquid
densities, and ξ is the void fraction, which can be calculated using Smith’s correlation (Smith, 1969)
for a smooth tube:

xSmith
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Eq. (7)

For a microfin tube, ξ can be calculated using Koyama’s correlation (Koyama et al., 2001):

xKoyama = 0.81xSmith + 0.19x100( r

V

0.8

rL )

xHomo

x Homo = 1/ {1 + éë(1 - x ) / x ùû ( r V / r L )}
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Figure 6: Boiling heat transfer coefficients of pure and mixed refrigerants in the LF tube
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Figure 7: Ratio of the boiling heat transfer coefficients of pure and mixed refrigerants

4. RESULTS AND DISCUSSION
4.1.

Frictional Pressure Drop

4.1.1. Experimental Results
Fig. 4 shows the measured frictional pressure drop (ΔPF/ΔZ)exp of the R245fa and
R245fa/R1234ze(E) mixtures for boiling flow in the LF tube at a refrigerant temperature of 40 °C with
mass velocities of 100 and 200 kgm–2s–1. In this figure, the frictional pressure drops increase with
mass velocity and vapor quality for a given mass velocity. It is considered that the increase in the
frictional pressure drop is due to the increase in the vapor shear stress with the increase in vapor
velocity. In this figure, the frictional pressure drops decrease with the mass fraction of R1234ze(E).
It is considered that the decrease in the frictional pressure drop is due to the higher vapor speed
because of the smaller vapor density of R1234ze(E).
4.1.2. Comparison to the Predictions of Frictional Pressure Drop
Fig. 5 shows the variation in the frictional pressure drop related to the R1234ze(E) mass fraction at
mass velocities of 100 and 200 kgm–2s–1 and vapor qualities of 0.2, 0.5, and 0.7. The lines represent
the pressure gradient predicted by the correlation of Filho et al. (2004). The experimental results are
compared to the selected correlation (Filho et al. 2004). As shown in Fig. 5, the selected correlations
reasonably agree with the experimental results. For a mass velocity of 200 kgm–2s–1, Filho correlation
agrees well with the experimental results. The correlation proposed for the pure refrigerant predicts
the pressure drop for the R245fa/R1234ze(E) mixture well.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

994

15

a [kW/(m2K)]

10

-2 -1

-2 -1

(a) LF, G = 100 kgm s
( Tbub + Tdew)/2 = 40 °C

x = 0.2
x = 0.5
x = 0.7

exp.

(b) LF, G = 200 kgm s
( Tbub + Tdew)/2 = 40 °C

Cavallini et al.

x = 0.2
x = 0.5
x = 0.7

exp.

Cavallini et al.

5

0
0

0.2
0.4
0.6
0.8
Mass fraction of R1234ze(E)

10

0.2
0.4
0.6
0.8
Mass fraction of R1234ze(E)

1

Figure 8: Effect of mass fraction of R1234ze(E) on boiling heat coefficient

4.2.

Boiling Heat Transfer

4.2.1. Experimental Results of LF Tube
Fig. 6 shows the measured boiling heat transfer coefficients of pure and mixed refrigerants in the LF
tube for mass velocities of 100 and 200 kgm–2s–1 with different mass fractions of R1234ze(E). In this
figure, the boiling heat transfer coefficient increases with the vapor quality for a given mass velocity
and decreases with the mass fraction of R1234ze(E).
Fig. 7 shows the ratio of the boiling heat transfer coefficients of pure and mixed refrigerants related
to the R1234ze(E) mass fraction at mass velocities of 100 and 200 kgm–2s–1. In comparison to the
pure refrigerant, the boiling heat transfer coefficient of the R245fa/R1234ze(E) mixture decreases
with the mass fraction of R1234ze(E). It is observed that the heat transfer coefficient zeotropic
degradation is not linear for either mass velocity. The heat transfer coefficient decreases
considerably at the mass fraction of 90/10 mass%. A sharp decrease in the heat transfer coefficient
of approximately 40% is observed for both mass velocities of 100 and 200 kgm–2s–1. However, with
the increase in the mass fraction of R1234ze(E) from 90/10 to 65/35 mass%, the deterioration ratio
of the heat transfer becomes small, which is a result of the fact that the more volatile fluid becomes
vapor first and at a higher velocity rate than the less volatile fluid, and as a consequence, the
saturated liquid becomes richer in a higher-boiling-point fluid; this change in the liquid fraction
composition of the mixture causes an increase in the superheating of the wall for the same heat flux,
causing a decrease in the boiling heat transfer coefficient.
4.2.2. Comparison to the Predictions of Boiling Heat Transfer Coefficient
Fig. 8 shows the variation in the boiling heat transfer coefficient related to the R1234ze(E) mass
fraction at mass velocities of 100 and 200 kgm–2s–1 and vapor qualities of 0.2, 0.5, and 0.7. The lines
represent the heat transfer coefficient gradient of zeotropic mixtures predicted by the correlation of
Cavallini et al. (1998). In this figure, the boiling heat transfer coefficients decrease with the increase
in the mass fraction of R1234ze(E). The Cavallini et al. correlation agrees well with the experimental
results at a mass velocity of 100 kgm–2s–1. However, the correlation makes a clear overprediction at
a mass velocity of 200 kgm–2s–1.
4.2.3. Experimental Results of HF Tube
Fig. 9 shows the measured boiling heat transfer coefficients of the mixed refrigerants in the HF tube
for mass velocities of 100 and 200 kgm–2s–1 with the mass fraction of 90/10 mass% at a saturation
temperature of 40 °C. The symbols represent the experimental data with the vertical error bars
indicating the measurement uncertainties (Taylor, 1997) and the horizontal error bars indicating the
vapor quality change in a subsection. In this figure, similar to the LF tube, the boiling heat transfer
coefficient inside the HF tube increases with the vapor quality for a given mass velocity. At a mass
velocity of 200 kgm–2s–1, a sharp increase in the heat transfer coefficient is observed from the vapor
quality of 0.6, owing to the formation of the thin liquid film at the trough between the fins under high
vapor qualities and high mass velocity annular flows.
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Figure 9: Boiling heat transfer coefficients of the mixed refrigerant in the HF tube
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Figure 10: Comparison of boiling heat transfer coefficients between smooth and microfin tubes

4.2.4. Comparison to the Grooved Shape
Fig. 10 shows a comparison of the boiling heat transfer coefficients between the smooth and microfin
tubes for mass velocities of 100 and 200 kgm–2s–1 with the mass fraction of 90/10 mass%. In this
figure, the increase in boiling heat transfer is more pronounced for the HF tube in all vapor quality
ranges and mass velocities compared to those for the smooth and LF tubes. This is a result of the
high performance (higher fin number, fin height, and helix angle) of the heat transfer enhancement
of the HF tube. At the mass velocity of 100 kgm–2s–1, these heat transfer enhancements of both
microfin tubes exhibit higher values compared to those at the mass velocity of 200 kgm–2s–1 for most
vapor qualities. Owing to the formation of the thin liquid film, the heat transfer enhancement
increases rapidly under a high vapor quality and high mass velocity.

5. CONCLUSIONS
In this study, the boiling heat transfer coefficient and frictional pressure drop of R245fa/R1234ze(E)
mixtures inside horizontal microfin tubes with an outside diameter of 9.52 mm were experimentally
investigated. The experimental results were compared to the predictions of previously derived
correlations, and the following conclusions were drawn based on the findings of the study:
(1) The frictional pressure drop increases with the mass velocity and vapor quality. The frictional
pressure drop is dependent on the saturation temperature and decreases with the saturation
temperature for a given mass velocity. The experimental results reasonably agree with the
correlation by Filho et al. (2004).
(2) The boiling heat transfer coefficient increases with the vapor quality and mass velocity and
decreases with the mass fraction of R1234ze(E). A pronounced heat transfer coefficient
zeotropic degradation at lower mass fractions of R1234ze(E) than at higher mass fractions was
observed. Owing to the formation of the thin liquid film, the increase in boiling heat transfer is
more pronounced for the HF tube in high vapor quality range, compared to those for the smooth
and LF tubes.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

996

(3) The experimentally determined boiling heat transfer coefficients are approximately ±30%
consistent with those predicted by Cavallini et al. (1998); their prediction took into consideration
the vapor heat resistance by latent heat variation and nucleate boiling by liquid mass transfer.
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NOMENCLATURE
cp
d
G
L
q’’
Q
T
ṁ
P
x
ΔZ
α
λ
ρ

–1

–1

specific heat capacity, (Jkg K )
tube diameter, (m)
mass velocity, (kgm–2s–1)
effective heating length, (m)
heat flux, (Wm–2)
heat transfer rate, (W)
temperature, (K or °C)
mass flow rate, (kgs–1)
pressure, (Pa)
vapor quality
length of pressure drop measurement section, (m)
heat transfer coefficient, (Wm–2K–1)
thermal conductivity, (Wm–1K–1)
density, (kgm–3)

ξ

void fraction

Subscripts
cal
calculation
exp
experiment
i
inside
L
liquid
o
outside
r
refrigerant
s
heat source
sat
saturation
V
vapor
w
tube wall
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ABSTRACT
Heat pumps (HPs) and their individual components experience a significant share of operation away
from the design point, due to both sink and source temperature variations as well as operation at
part load. In the present study, we expand a generalized HP COP estimation for design conditions
to include the performance of conditions within the typical limits for the operating range. The
estimation was compared to results based on detailed thermodynamic models of two representative
HP installations, of different size and design temperatures. The considered configurations include a
14 kW R134a one-stage cycle and an 800 kW two-stage ammonia heat pump. Based on the design
point COP estimation, and five linearized off-design contributions, the performance estimation of
COP showed a maximum deviation of 8 %.
Keywords: Heat pumps, Compressors, COP estimation, Performance modelling.

1. INTRODUCTION
The Coefficient of Performance (COP) of a heat pump (HP) is highly dependent on four temperatures
defined by the heat source and the heat sink. In addition the load impacts the COP. To obtain an
estimation of performance for design conditions, as well as for operation off the design point,
performance characteristics may be provided from HP suppliers. However, the detailed information
presented in preliminary tenders is in most cases not needed for the first assessment or even for the
technical feasibility analysis. The main barrier for HP integration is the operating cost of the system
(Ommen et al., 2015). If the performance of a plant depends mainly on external factors (heat source
and heat sink) the differences between specific cycle and component choices are of secondary
interest. The tender process may thus be seen as a barrier for effortless feasibility analysis which
results in fewer successful HP installations.
In a recent paper (Jensen et al., 2018) a generic equation for the COP of a simple one-stage HP
cycle was derived analytically for operation between two finite capacity reservoirs. By use of a
number of well-established design parameters, the heat pump COP was estimated for design
conditions. The presented estimation method required specific information about refrigerant
properties. The estimation procedure for COP was included as part of an early assessment tool for
evaluating the feasibility of implementing large-scale HPs. In the present study, the COP estimation
was expanded to consider conditions within typical limits for the operating range of such installations.
The aim of the paper is to present a method for estimation of performance off the design point of
equipment. The COP performance estimation is presented and the results are compared to detailed
thermodynamic cycle calculations for two specific installations. The point of origin is the method for
COP estimation for a design case, and the attempt to use linearized off-design contributions for
important parameters and variables.

2. METHODS
In industrial processes, as well as for the case of DH networks, the heat capacity of the reservoirs
are finite, in which case the temperature glide may be a significant factor for the competitiveness of
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various technologies. In order to evaluate the COP, the analysis addressed five specific parameters
of the HP. The parameters were the four temperatures of the finite reservoirs as well as the part load
ratio, defined as the load of the unit compared to the design load.
The first subsections address important characteristics of the existing COP estimation for design
conditions, and briefly address how the method was modified to estimate the performance of specific
cases of HPs in off-design operation. The last section presents the method to obtain detailed
thermodynamic cycle calculations used for comparison and verification of the developed method.
2.1.

COP estimation of heat pump processes in design conditions

The generic equation for the COP is based on the Second Law of Thermodynamics, from which it is
known that the limit to COP can be calculated as a reversible cycle operating between two finite
reservoirs (Lorenz, 1894) as shown in Eq (1).
𝑇𝑇�𝐻𝐻
𝑇𝑇�𝐻𝐻
Eq. (1)
COPLorenz =
=
𝑇𝑇�𝐻𝐻 − 𝑇𝑇�𝐶𝐶 ∆𝑇𝑇�lift
Constant heat capacities were assumed for the secondary heat sink and heat source processes, in
which case the entropic mean temperatures may be calculated as presented in Eq. (2).
∆T𝐻𝐻
∆T𝐶𝐶
∆𝑇𝑇�𝐻𝐻 = 𝑇𝑇𝐻𝐻,𝑜𝑜
, ∆𝑇𝑇�𝐶𝐶 = 𝑇𝑇𝐶𝐶,𝑖𝑖
Eq. (2)
ln�

𝑇𝑇𝐻𝐻,𝑖𝑖

�

ln�

𝑇𝑇𝐶𝐶,o

�

To approach real performance of HPs in finite reservoirs, the Lorenz efficiency may be used, given
as the ratio between the performance of an actual HP and the Lorenz COP.
A real cycle calculation includes appropriate characteristics of the working fluid and ensures
appropriate temperature differences for the heat transfer process. Fig. 1 shows the simple one-stage
HP configuration and a simplified temperature versus heat load (𝑇𝑇-𝑄𝑄̇ ) diagram for the two heat
exchangers. The 𝑇𝑇-𝑄𝑄̇ diagram indicates the temperature differences between the external sink and
source streams and the internal processes in case of a sub-critical heat pump cycle for pure fluids
and azeotropic mixtures. The minimum temperature difference encountered is referred to as the
pinch point temperature difference, ∆𝑇𝑇PP. In the condenser, the analysis assumes the fluids will reach
the pinch point temperature difference at two occasions, one during the condensation process and
again later during the subcooling process. In this way, the degree of subcooling was fixed as a
consequence of the sink temperature glide. As shown in the 𝑇𝑇-𝑄𝑄̇ diagram, the temperature difference
in the heat exchanger was considered as the sum of two contributions, the pinch point temperature
difference, ∆𝑇𝑇PP, and the temperature difference imposed by the refrigerant, ∆𝑇𝑇𝑟𝑟 .
The pressure-enthalpy (p-h) and temperature-entropy (T-s) diagrams for the sub-critical heat pump
cycle are presented in Fig. 2. Two processes are shown in the diagrams, the internally reversible
process (1-2s-3-4s) and the real subcritical vapour compression process (1-2-3-4). The compression
work of the compressor was defined based on the isentropic efficiency, 𝜂𝜂is,c , and the heat loss ratio
of the compressor, 𝑓𝑓𝑄𝑄 , which was the ratio between compressor heat loss (𝑞𝑞𝑐𝑐 = ℎ2𝑤𝑤 − ℎ2 ) and com
pression work (𝜔𝜔𝑐𝑐 = ℎ2𝑤𝑤 − ℎ1 ). Isenthalpic expansion was assumed for the real subcritical vapour
compression process.

Figure 1: Configuration of a simple one-stage heat pump process and a principle temperature heat load diagram
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Figure 2: Pressure - enthalpy and temperature - entropy diagram of a simple one-stage heat pump process.

The analytically derived expression for COP (Jensen et al., 2018) is presented as Eq. (3), for a single
stage HP cycle, as shown in Fig.1 (superscript 0 denotes design calculation).
𝛥𝛥𝑇𝑇�𝑟𝑟,𝐻𝐻 + 𝛥𝛥𝑇𝑇�pp
1+
𝑤𝑤is,𝑒𝑒
⎛
⎞
𝑇𝑇�𝐻𝐻
COP 0 = ⎜COP𝐿𝐿
𝜂𝜂is,𝑐𝑐 �1 −
Eq. (3)
� + 1 − 𝜂𝜂is,𝑐𝑐 − 𝑓𝑓𝑄𝑄 ⎟
�
�
�
𝑤𝑤is,𝑐𝑐
𝛥𝛥𝑇𝑇𝑟𝑟,𝐻𝐻 + 𝛥𝛥𝑇𝑇𝑟𝑟,𝐶𝐶 + 2𝛥𝛥𝑇𝑇pp
1+
𝛥𝛥𝑇𝑇�lift
⎝
⎠
The variables and parameters needed to evaluate Eq 3. can be divided in three groups. The first
group consists of variables dependent on the temperatures entering and exiting the heat source
� 𝐻𝐻 and ∆𝑇𝑇�lift). The second group consists of well-established design
and heat sink (COP𝐿𝐿 , 𝑇𝑇
� pp ) and the third group contains variables
parameters for specific components (𝜂𝜂is,𝑐𝑐 , 𝑓𝑓𝑄𝑄 and 𝛥𝛥𝑇𝑇
which are dependent on certain characteristics of the refrigerant integration with sink and source
� 𝑟𝑟,𝐻𝐻 , and 𝛥𝛥𝑇𝑇� 𝑟𝑟,𝐶𝐶).
(𝑤𝑤is,𝑒𝑒 ⁄𝑤𝑤is,𝑐𝑐 , 𝛥𝛥𝑇𝑇
In order to use the analytically derived expression for COP, approximations (or qualified guesses)
were required for the third group of variables. In case of limited superheat of the evaporator, the
refrigerant-induced temperature difference in the evaporator, was approximated as half of the value
� 𝑟𝑟,𝐶𝐶 = 1⁄2 𝛥𝛥𝑇𝑇𝐶𝐶 . The two remaining dependent variables
of the source temperature difference, 𝛥𝛥𝑇𝑇
� 𝑟𝑟,𝐻𝐻 ) were fitted using simple linear approximations. The approximations were
(𝑤𝑤is,𝑒𝑒 ⁄𝑤𝑤is,𝑐𝑐 and 𝛥𝛥𝑇𝑇
based on simulation results for a wide range of operating conditions (Jensen et al., 2018). The form
of the approximations is shown in Eq. 4.
𝑤𝑤
∆𝑇𝑇�𝑟𝑟,𝐻𝐻 = 𝑎𝑎�𝑇𝑇𝐻𝐻,𝑜𝑜 − 𝑇𝑇𝐶𝐶,𝑜𝑜 + 2𝛥𝛥𝑇𝑇�pp � + 𝑏𝑏∆𝑇𝑇𝐻𝐻 + 𝑐𝑐, 𝑤𝑤is,𝑒𝑒 = 𝑎𝑎�𝑇𝑇𝐻𝐻,𝑜𝑜 − 𝑇𝑇𝐶𝐶,𝑜𝑜 + 2𝛥𝛥𝑇𝑇�pp � + 𝑏𝑏∆𝑇𝑇𝐻𝐻 + 𝑐𝑐
Eq. (4)
is,𝑐𝑐

For Ammonia and HFC-R134a the coefficients are presented in Table 1.

Coefficient
∆𝑇𝑇�𝑟𝑟,𝐻𝐻
𝑤𝑤is,𝑒𝑒 ⁄𝑤𝑤is,𝑐𝑐

2.2.

a
0.1853
0.0013

�𝒓𝒓,𝑯𝑯 and 𝝎𝝎𝐢𝐢𝐢𝐢,𝐞𝐞
Table 1. Coefficient for the linear models of ∆𝑻𝑻

Ammonia
b
0.1118
-0.0021

c
-1.0783
0.0306

a
-0.0102
0.0031

𝝎𝝎𝐢𝐢𝐢𝐢,𝐜𝐜

HFC-R134a
b
0.2647
-0.0044

c
2.6985
0.0259

COP performance estimation of heat pump processes in off-design

Based on the COP estimation for design conditions, and a number of linearized contributions, an
estimate of the HP performance off the design point of equipment was developed. Such models are
sometimes categorized as performance models in literature (Tassou et al., 1983). By refining the
estimation to include performance modelling, the applicability of the estimation increases to a point
where it could be used for various types of detailed analysis, e.g. to include the hourly variations of
performance in the levelized cost of heat, or to evaluate the seasonal impact of specific design
considerations.
For models representing specific equipment, a number of changes are required, in order to switch
from design calculations to a performance model. The changes include adding details to individual
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components such as fixing volumetric capacities, specific characteristics of compression and
expansion processes as well as specifying the dimensions and type(s) of heat exchangers.
For a number of specific inputs used for Eq. 3, the magnitude of the parameters and dependent
variables may change from the design value, depending on the location of the operation point. On
the other hand, if the changes of the values are known in advance, the individual contributions may
be used to estimate the COP in both design and performance modes.
Specifically for the input parameters, the different types of contributions were subject to different
changes when considering performance modelling. Variables dependent on the case temperatures
were included directly “as is” as would be the case in thermodynamic performance modelling.
Parameters for specific components were expected to change according to the characteristic
information, with the magnitude of such change to be characterized directly based on the information
provided by the manufacturer. Depending on the impact of a parameter on the COP, the individual
values were chosen to be either fitted, or considered to result in insignificant changes, in which case
the parameter was fixed to the design value. Lastly, the characteristics of the refrigerant integration,
which were fitted specifically for a design case, was found to require some adjustment. Again, such
values were either fitted to obtain changed characteristics, or fixed in case of insignificant impact.
Table 2 shows the choice for parameters and variables for COP estimation in performance mode.
Table 2. Changed characteristics to certain parameters and variables for COP estimation

Change in sink temp
(inlet and/or outlet)
Insignificant
Insignificant
Fitted
Fitted
Fitted
Fitted
Insignificant

Change in source temp
(inlet and/or outlet)
Insignificant
Insignificant
Fitted
Fitted
Fitted
Fitted
Insignificant

Operation in part load

Refrigerant Component
integration specific

Fitted
𝜂𝜂is,𝑐𝑐
Fitted
𝑓𝑓𝑄𝑄
Fitted
Δ𝑇𝑇𝑝𝑝𝑝𝑝,𝐻𝐻
Fitted
Δ𝑇𝑇𝑝𝑝𝑝𝑝,𝐶𝐶
No change expected
Δ𝑇𝑇�𝑟𝑟,𝐻𝐻
No change expected
Δ𝑇𝑇�𝑟𝑟,𝐶𝐶
𝑤𝑤is,𝑒𝑒
Insignificant
𝑤𝑤is,𝑐𝑐
The calculation procedure for COP estimation off the design point of equipment was performed as
follows. First, COP was calculated for design conditions, using available information about
temperatures and estimation of component specific parameters, as well as the approximations for
the characteristics of the refrigerant integration for Eq. 4. Subsequently, the COP estimation for
performance mode was considered, which is denoted by a star superscript, as presented in Eq. 5.
𝛥𝛥𝑇𝑇� ∗
1 + cond,is
𝑤𝑤is,𝑒𝑒
⎛
⎞
𝑇𝑇�𝐻𝐻
∗
∗
COP ∗ = ⎜COP𝐿𝐿
𝜂𝜂is,𝑐𝑐
− 𝑓𝑓𝑄𝑄∗ ⎟
�1 −
� + 1 − 𝜂𝜂is,c
Eq. (5)
∗
∗
𝑤𝑤is,𝑐𝑐
𝛥𝛥𝑇𝑇�cond,is + 𝛥𝛥𝑇𝑇�evap,is
1+
𝛥𝛥𝑇𝑇�lift
⎝
⎠
where all elements with a star superscript were fitted to obtain an appropriate performance
parameter/variable. The fit was performed for each model individually from detailed results derived
according to the method presented in subsection 2.3 below. The calculation of the performance
∗
model of entropic average temperature differences in condenser and evaporator (𝛥𝛥𝑇𝑇�cond,is
and
∗
𝛥𝛥𝑇𝑇�evap,is) follows the calculation of Eq. (6) and (7), which uses the value of certain parameters in the
design calculation (superscript 0).
0
0
∗
0
0
𝛥𝛥𝑇𝑇�cond,is
= 𝛥𝛥𝑇𝑇�𝑟𝑟,𝐻𝐻
+ 𝛥𝛥𝑇𝑇�pp,H
, 𝛥𝛥𝑇𝑇�cond,is
= 𝛥𝛥𝑇𝑇�cond,is
+ 𝛼𝛼1 (∆𝑇𝑇𝐻𝐻 − ∆𝑇𝑇𝐻𝐻0 ) − 𝛼𝛼2 (1 − 𝑟𝑟PL )
Eq. (6)
0
0
0
𝛥𝛥𝑇𝑇�evap,is
= 𝛥𝛥𝑇𝑇�𝑟𝑟,𝐶𝐶
+ 𝛥𝛥𝑇𝑇�pp,C
,

∗
0
𝛥𝛥𝑇𝑇�evap,is
= 𝛥𝛥𝑇𝑇�evap,is
+ 𝛽𝛽1 (∆𝑇𝑇𝐶𝐶 − ∆𝑇𝑇𝐶𝐶0 ) − 𝛽𝛽2 (1 − 𝑟𝑟𝑃𝑃𝑃𝑃 )

Where 𝑟𝑟𝑃𝑃𝑃𝑃 is the load ratio, given as a value between 0 and 1.
The remaining fitted values are presented in Eq. (8) and (9).
𝑓𝑓𝑄𝑄∗ = 𝑓𝑓𝑄𝑄 (1⁄𝑟𝑟PL )
∗
𝜂𝜂is,𝑐𝑐
= 𝜂𝜂is,c + 𝛾𝛾(1 − 𝑟𝑟𝑃𝑃𝑃𝑃 )

Eq. (7)

Eq. (8)
Eq. (9)

The values of the individual coefficients for parameters are presented in Table 5 (subsection 3.2).
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2.3.

Detailed thermodynamic cycle calculations for heat pump processes

Detailed thermodynamic models of two specific heat pumps were used for steady state operation.
Both cycle calculations were based on energy, mass and momentum balances.
The models correspond to two different cycle configurations, and represent real plants in two
different scales of heat supply. The smallest unit is a simple one-stage cycle operating with HFCR134a with a condenser capacity at 14 kW in design conditions (Thorsen and Ommen, 2018). The
second cycle is a two-stage Ammonia cycle with open intercooler, at a design capacity of 800 kW
(Meesenburg et al., 2019). The layout of the second cycle is presented in Fig. 3. The considered
design conditions for the thermodynamic cycle calculation are presented in Table 3. The table also
contains the feasible ranges of the performance modelling.

Figure 3: Cycle configuration of two-stage heat pump with open intercooler
Table 3. Design conditions and characteristics of equipment for detailed thermodynamic cycle calculations.

Working fluid
Design capacity
Design temp. in sink
Design temp. in source
Software
Modelled components
Compressor type(s)
Electric motor(s)
Compressor 𝜂𝜂is,𝑐𝑐 and 𝑓𝑓𝑄𝑄
Heat exchanger type
Heat transfer estimation
Performance variation sink
Performance variation source
Performance variation load
2.4.

One-stage HP
HFC-R134a
14 kW
𝑇𝑇𝐻𝐻,𝑖𝑖 = 45 ℃, 𝑇𝑇𝐻𝐻,𝑜𝑜 = 60 ℃
𝑇𝑇𝐶𝐶,𝑖𝑖 = 45 ℃, 𝑇𝑇𝐶𝐶,𝑜𝑜 = 25 ℃
Engineering Equation Solver
4
Hermetic scroll
Frequency controlled
Data from manufacturer
Plate heat exchangers
Overall heat transfer
estimation in part load
𝑇𝑇𝐻𝐻,𝑖𝑖 = ±10 𝐾𝐾 𝑇𝑇𝐻𝐻,𝑜𝑜 = ±10 𝐾𝐾
𝑇𝑇𝐶𝐶,𝑖𝑖 = ±10 𝐾𝐾, 𝑇𝑇𝐶𝐶,𝑜𝑜 = ±10 𝐾𝐾
50 % to 100 %

Two-stage (open intercooler)
R717
800 kW
𝑇𝑇𝐻𝐻,𝑖𝑖 = 34 ℃, 𝑇𝑇𝐻𝐻,𝑜𝑜 = 70 ℃
𝑇𝑇𝐶𝐶,𝑖𝑖 = 10 ℃, 𝑇𝑇𝐶𝐶,𝑜𝑜 = 4 ℃
Dymola software with TIL
library
10
Two open piston compressors
Frequency controlled
Data from manufacturer
Shell and plate heat exchanger
Detailed heat transfer
correlations
𝑇𝑇𝐻𝐻,𝑖𝑖 = ±10 𝐾𝐾 𝑇𝑇𝐻𝐻,𝑜𝑜 = ±10 𝐾𝐾
𝑇𝑇𝐶𝐶,𝑖𝑖 = 9 ℃ to16 ℃ (limitation)
𝑇𝑇𝐶𝐶,𝑜𝑜 = 1 ℃ to 5 ℃ (limitation)
50 % to 100 %

COP estimation for annual simulations

For evaluating the impact of using the estimation of COP*, the method was compared to the
estimation of COP0 and the assumption of fixed Lorenz efficiency, for an annual simulation. The
analysis assumes a DH network as the heat sink, and sea water as the heat source, both according
to the case presented in Pieper et al. (2018). All three performance estimates assume similar
performance in the design point, which corresponds to operation in February.

3. RESULTS
The first subsection addresses the comparison of model results and the COP estimation for the
design case. Following this, the second subsection shows the results of the comparison between
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detailed thermodynamic models and the proposed COP estimation in off-design. Finally, the last
subsection addresses the differences between three COP estimates for annual operation.
3.1.

Comparison of the COP estimation and detailed model results for the design case

Table 4 shows the results of the two COP estimates and two detailed models, all in design conditions.
The first four rows present design parameters for specific components. The six following inputs are
the values required for the estimation of COP0. The values of the three fitted parameters were
obtained using the coefficients for the linear models from Table 1. Finally, the COP0 is presented in
the last row of the table. The difference presented here is less than 2.5%, which is significantly below
the maximum deviation (up to 10 %) suggested by the reference (Jensen et al., 2018). It should
furthermore be considered, that not all values are exactly similar to the design, like the pinch
temperature difference for the two-stage HP, or the calculation method for heat loss factor.
Table 4. Comparison of the COP estimation and detailed model results for the design case

𝜂𝜂is,𝑐𝑐
𝑓𝑓𝑄𝑄
Δ𝑇𝑇𝑝𝑝𝑝𝑝,𝐻𝐻
Δ𝑇𝑇𝑝𝑝𝑝𝑝,𝐶𝐶
COP𝐿𝐿
𝑇𝑇�𝐻𝐻
Δ𝑇𝑇�lift
Δ𝑇𝑇�𝑟𝑟,𝐻𝐻
Δ𝑇𝑇�𝑟𝑟,𝐶𝐶
𝑤𝑤is,𝑒𝑒
𝑤𝑤is,𝑐𝑐
COP0

3.2.

(-)
(-)
K
K
(-)
K
K
K
K
(-)
(-)

Simple one-stage
Estimation
Model
0.70
0.70
0.25
0.25
4
~4
4
~4
18.55
18.55
325.6
325.6
17.55
17.55
6.31
6.63
10.0
8.7
0.095
0.1558
5.152

5.027

Two-stage (open intercooler)
Estimation
Model
0.75
0.71 and 0.79
0.11
~0.10
6
~4 - 8
2
~2
7.27
7.27
324.8
324.8
44.68
44.68
17,4
Not available
3.0
Not available
0.056
Not available
3.512

3.445

Comparison of the COP performance estimation and detailed performance model

Table 5 presents the coefficients that correspond to the best fit between the detailed cycle calculation
and the COP* method for the two examined plants. For 𝛼𝛼2 and 𝛽𝛽2 it was found that the values
correspond to the value of the pinch point temperature difference in design. For 𝛾𝛾 the difference
between the two cases can be explained by the fact that the simple one-stage cycle assumes the
compressor polynomial without changes for part load, whereas the two stage cycle employs
polynomials that reflect changes with changed rotational speed.
Table 5. Coefficients used for COP performance estimation.

Simple one-stage
Two-stage (open intercooler)
0.4
0.4
𝛼𝛼1
0
0
�
𝛼𝛼2
𝛥𝛥𝑇𝑇pp,H
𝛥𝛥𝑇𝑇�pp,H
0.25
0.4
𝛽𝛽1
0
0
�
𝛽𝛽2
𝛥𝛥𝑇𝑇pp,C
𝛥𝛥𝑇𝑇�pp,C
0
0.1
𝛾𝛾
Fig. 4 shows the result of a comparison between the detailed thermodynamic model in performance
mode (full lines) and the corresponding COP* estimation (dashed lines). The left figure shows results
for the simple one-stage cycle, whereas the right figure shows results for the two-stage cycle. The
results of Fig. 4 were calculated as relative to COP0 (from Table 4). Thus, although all four variations
in temperature match in the origin, the 2.5% deviation would still be present for the result in terms of
COP. It is shown that the proposed coefficients allow an appropriate estimation of COP* for both
considered cycle designs, when one variable is varied and all other inputs are equal.
A comparison of the discrepancy for the two estimates (COP0 and COP*) is presented in Fig. 5,
where the plotted deviation is relative to the detailed cycle calculation in performance mode. In both
cases the results correspond to the simple one-stage cycle. As shown in the figure, the proposed
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estimate for COP* (right) deviates significantly less (2% to 8%) than the COP0 (left) estimation (-5%
to +23 %). This comparison further shows how the constraints imposed by the change from design
to the performance mode results in a lower variation in the performance. This is shown as the results
of the estimate for COP0 suggest a significantly higher value (in the range of 20 % deviation) for the
configurations with high 𝑇𝑇𝐶𝐶,𝑜𝑜 and low values of 𝑇𝑇𝐻𝐻,𝑖𝑖 and 𝑇𝑇𝐶𝐶,𝑖𝑖 .

Figure 4: Comparison of the change in COP with changes to input (temperature or part load) for the detailed cycle
calculation (full lines) and the proposed COP estimation (dashed line). All results are relative to results presented
in Table 4. Left figure shows results for the simple one-stage cycle, two-stage cycle on the right.

Figure 5: The existing COP estimation for design (left) and the proposed COP performance estimation (right)
compared to a detailed cycle calculation in performance mode (Simple one-stage).

3.3.

Comparison of various COP estimation for annual simulations

Fig. 6 shows the two COP estimation methods compared to an assumption of fixed Lorenz efficiency
for a yearly operation of a DH HP in Copenhagen, Denmark. For conditions similar to the design
conditions the deviation between the methods were negligible. However, for significantly changed
operating conditions, significant differences were found. For fixed Lorenz efficiency and the
estimation for COP* the deviation amount to approximately 11% during the summer period.

Figure 6: Comparison of three different COP estimation methods.
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4. DISCUSSION
This paper presents a first attempt to obtain a generalized performance model for heat pump
integration. In the present analysis the coefficients required for estimation of COP* was determined
from a detailed cycle calculation in performance mode. This is not a generally applicable method for
a wide range of solutions. Thus further analysis on how to obtain such values should be addressed.
The method presented here further requires verification and validation by experimental results.
The estimation method for one-stage cycles was shown to fit well with two-stage configurations,
which is likely due to the choice regarding subcooling to pinch, which has been observed to even
out the performance improvement typically shown for two-stage cycles.

5. CONCLUSIONS
In a recently published paper a COP estimation method was proposed for design conditions. This
paper addresses specific options to utilize the estimation method for performance estimation off the
design point. The proposed method was shown to estimate the COP of two detailed performance
models with low deviation. The results showed that for all considered cases, the estimate deviated
less than 8 % from the performance model.
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Symbols
COP Coefficient of performance (-)
𝑓𝑓𝑄𝑄
heat loss ratio (-)
h
Enthalpy ( kJ kg −1)
T
Temperature (K)
𝑇𝑇�
Entropic avg. temperature (K)
𝑟𝑟𝐻𝐻𝐻𝐻
Load ratio
𝑤𝑤
Work ( kJ kg−1 )

NOMENCLATURE

Greek
∆ Difference
𝜂𝜂 Efficiency (-)
Sub- & superscripts
c
Compression
C Cold stream (heat source)
e Expansion
H Hot stream (heat sink)

i
is
o
pp
r
0
*

Inlet
Isentropic
Outlet
Pinch point
Refrigerant
For design
Performance
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ABSTRACT
This study experimentally investigated the condensation heat transfer and pressure drop
characteristics of zeotropic refrigerant mixtures R245fa/R1234ze(E) inside horizontal microfin tubes.
The test was conducted using copper tubes with an outside diameter of 9.52 mm, equivalent inner
diameters of 8.9 and 8.7 mm, fin heights of 0.12 and 0.18 mm, and 65 and 85 fins. The experiments
were conducted under mass velocities of 100 and 200 kg.m -2.s-1, mass fractions of 90/10, 80/20, and
65/35 mass%, and an average saturation temperature of 60 °C. The measured condensation heat
transfer coefficient and frictional pressure drop of the refrigerant mixture R245fa/R1234ze(E) were
lower than that of pure refrigerant R245fa. The condensation heat transfer coefficient was minimized
with the 65/35 mass% composition R245fa/R1234ze(E) with the largest temperature glide.
Furthermore, the frictional pressure drop decreased with an increase in the mass fraction of
R1234ze(E).
Keywords: Condensation, Heat transfer, Pressure drop, Refrigerant, Zeotropic mixture, R245fa,
R1234ze(E), Microfin tube

1. INTRODUCTION
In recent years, the introduction of high-temperature heat pump equipment has led to its
development with the aim of reusing waste heat from factories and the like to generate hightemperature water/steam. For the above equipment, selecting a suitable working fluid for each
system temperature level is vital. Watanabe et al. (2016a, 2016b) reported the heat transfer and
pressure drop characteristics of the evaporation and condensation flows in a horizontal smooth tube
using pure refrigerant R245fa having a low critical pressure and high critical temperature, and a
refrigerant mixture R245fa/R134a mixed with R134a having a larger volume capacity and higher
critical temperature compared with R245fa. However, owing to the Kigali Amendment to the Montreal
Protocol, HFC refrigerants with high greenhouse effect are obliged to gradually reduce its production
and consumption. It has been required to switch to alternative refrigerants with lower global warming
potential (GWP) values in the future. Because the GWP value of R134a is larger than R245fa, the
two-component refrigerant mixture R245fa/R1234ze(E) of the R245fa and hydrofluoroolefins
refrigerant R1234ze(E) which is anticipated as an alternative refrigerant. With hardly a few studies
on the refrigerant mixture R245fa/R1234ze(E), a quantitative and detailed understanding of the heat
transfer and pressure drop characteristics for evaporation and condensation flows of the refrigerant
mixture is needed to improve the heat exchanger and cycle performance. In this study, the
condensation characteristics of the refrigerant mixture R245fa/R1234ze(E) in the horizontal tubes
are experimentally clarified, and the refrigerant composition effect on these characteristics is
examined. Because zeotropic refrigerant mixture causes a lowered heat transfer performance
compared to pure refrigerant, the evaporator and condenser are required to improve its heat transfer
performance. Therefore, a microfin tube is generally used to improve the heat transfer performance
on the heat exchanger refrigerant side. To quantitatively understand and verify the inner microfin
effect on the heat transfer promotion, experiments of condensation heat transfer and pressure drop
inside the two kind of microfin tubes and smooth tube were carried out.
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2. EXPERIMENTAL APPARATUS AND PROCEDURE
Fig. 1 shows the experimental apparatus schematic used in this study. The refrigerant pumped from
the pump (1) was adjusted to its predetermined vapor quality at the counter-flow-type water
preheater (3) and electric preheater (4), after which it flowed into the test section (5). The refrigerant
flow rate was adjusted by the pump rotational speed and the test section inlet pressure was
maintained constant by adjusting the cooling water temperature at the after-condenser (6). The
experiments were conducted under conditions of mass velocity of 100 and 200 kg.m -2.s-1 and
average saturation temperature of 60 °C. In the refrigerant mixture experiment, the circulating liquid
refrigerant was sampled in the vessel at the sampling port (8) provided at the pump outlet, expanded
and vaporized in the vessel, and then analyzed by gas chromatography. Composition analysis was
conducted three to four times with one sampling and the average value taken as the refrigerant
mixture composition. The variation of the composition analysis result by gas chromatograph obtained
by one sampling was approximately ±1%. Fig. 2 shows the test section schematic comprised of a
counter-flow-type double-pipe heat exchanger. In this section, the refrigerant flowed through the 9.5mm (outer-diameter) inner copper test tubes, and the heat source water flowed through the annulus
around the inner tube. The annulus was divided into three subsections of 600 mm length each. The
refrigerant temperatures at the test section inlet and outlet were measured by sheathed K-type
thermocouples. The tube wall temperature was measured by T-type thermocouples embedded in
the top, bottom, and side of the test tube exterior walls midway its effective heating length of 557
mm. The heat source water temperature was measured by Pt-resistance thermometers installed in
the mixing chambers of the heat source water at each subsection inlet and outlet. Pressure ports
were bored into the smooth test tube at both ends of each subsection to measure the pressure drop
by differential pressure transducers.
Table 1 lists the specifications of the smooth tube and the microfin tubes used in this study. Fig. 3
shows the microfin tube cross-sectional views. Based on Table 1, the microfin tube equivalent
diameter is the inner diameter of a smooth tube having a channel cross-sectional area equivalent to
the actual microfin tube channel cross-sectional area. The surface area enlargement is the ratio of
the actual microfin tube heat transfer area and the equivalent inner diameter heat transfer area taking
the helix angle into account.

3. DATA REDUCTION
The frictional pressure drop, ΔPF, was obtained from the following equation.

PF = Pmes − PM

Eq. (1)
(5)
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(2) Mass flow meter
(3) Water preheater
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MC

(1) Pump
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Figure 1. Schematic view of the test loop.
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Figure 2. Schematic view of the test section.
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where ΔPmes is the measured differential pressure in each subsection. ΔPM is the acceleration
pressure drop calculated using the following equation:
 G 2 x 2 G 2 (1 − x ) 2 
PM =  
+
Eq. (2)

(1 −  )  L 
  V
where G is the mass velocity, x is the vapor quality, ρV and ρL are respectively the vapor density and
liquid density, and ξ is the void fraction was calculated using the correlations of Koyama et al. (2001)
for a microfin tube and of Smith (1969) for a smooth tube.
The heat flux, q, of each subsection was obtained from the following equation based on the actual
heat transfer area.

q=

Ws cps Ts − Qloss
Qs
=
πdeq L
πdeq L

Eq. (3)

q
Tr − Twi

Eq. (4)

where the heat transfer rate, Qs, is obtained from the heat source water mass flow rate, Ws, .the
specific heat capacity, cps, the temperature difference between the heat source water at each
subsection inlet and outlet, ΔTs, and considering the heat loss, Qloss. The heat transfer coefficient, α,
for each subsection is given by

=

where Tr is the refrigerant temperature. In the case of a pure refrigerant, Tr was obtained from the
refrigerant saturation pressure. Whereas for a refrigerant mixture, it was calculated from the
refrigerant temperature measured at the test section inlet and outlet by interpolation considering the
heat transfer rate of each subsection. The inner tube wall temperature, Twi, is determined from the
exterior tube wall temperature by applying the one-dimensional heat equation to the radial direction.
The refrigerant mixture physical properties were calculated from the refrigerant composition
analyzed by a gas chromatograph and the refrigerant mixture absolute pressure using REFPROP
Ver. 10.0. Table 2 summarizes the thermodynamic properties of pure refrigerants R245fa,
R1234ze(E), and refrigerant mixtures R245fa/R1234ze(E) (refrigerant composition 80/20 mass%
and 65/35 mass%) at an average saturation temperature of 60 °C. Fig. 4 shows the vapor-liquid
Table 1 Specifications of test tubes.

[mm]
[mm]
[mm]

ST
9.52
0.60
-

LF
9.53
0.29
0.12

HF
9.51
0.35
0.18

[mm]

8.32

8.89

8.73

[-]
[°]

-

65
16.5

85
39.4

[-]

1

1.31

2.09

(a) LF
(b) HF
Figure 3. Microfin tubes cross-sectional
views.

Table 2. Thermodynamic properties at the average saturation
temperature of 60°C.

R245fa
P
ΔT
ΔhLV
ρL
ρV
μL
μV
λL
λV

MPa
K
kJ×kg-1
kg×m -3
kg×m -3
μPa×s
μPa×s
mW×
m -1×K-1
mW×
m -1×K-1

0.462
0
169.1
1236.9
25.4
256.9
11.7

R245fa/R1234ze(E)
80/20
65/35
0.697
0.833
8.0
8.9
156.1
149.8
1189.4
1155.9
37.2
44.4
213.2
187.7
12.5
13.0

R1234
ze(E)
1.277
0
135.5
1032.5
70.1
122.9
14.5

76.9

72.9

70.3

62.8

15.8

16.3

16.5

17.3

T=Tdew–Tbub [°C] Temperature [°C]

Test Tube
Outer diameter
do
Wall thickness
tw
Fin height
hf
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Figure 4. Temperature glide of
R245fa/R1234ze(E) mixture.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1008

phase equilibrium diagram and the temperature difference between the dew point and bubble point
(hereinafter referred to as temperature glide) of the refrigerant mixture R245fa/R1234ze(E). From
Fig. 4, the temperature glide of the refrigerant mixture obtained its maximum value with
approximately 65/35 mass% refrigerant composition.

4. RESULTS AND DISCUSSION
4.1.

Frictional Pressure Drop

Figs. 5(a) and (b) show the relationship between the frictional pressure drops (ΔPF/ΔZ)exp and the
wetness 1–x for the pure refrigerant R245fa and refrigerant mixtures R245fa/R1234ze(E) at mass
velocities of 100 and 200 kg.m -2.s-1. The frictional pressure drops of the refrigerant mixtures were
relatively small compared with that of the pure refrigerant R245fa. Furthermore, the frictional
pressure drops were observed to decrease as the mass fraction of R1234ze(E) increases. As shown
in Table 2, under the condition of the average saturation temperature of 60 °C, the vapor density of
R1234ze(E) is approximately 2.8 times larger than that of R245fa. Under the same mass velocity
and wetness condition, the refrigerant mixture vapor velocity decreases as the mass fraction of
R1234ze(E) increases. Moreover, because the liquid viscosity is approximately 0.48 times that of
R245fa, the vapor shear force decreases. As a result, the frictional pressure drop of
R245fa/R1234ze(E) decreased.
4.2.

Effect of the Refrigerant Composition on the Frictional Pressure Drop and
Comparison with Predictions

Figs. 6(a) and (b) show the change of the frictional pressure drop against the refrigerant composition
at the wetness of 0.2, 0.5, and 0.7. The lines in the figure are the frictional pressure drops calculated
from the correlations of Chamra et al. (2005) and Inoue et al. (2008), and the refrigerant mixture
physical properties of obtained assuming equilibrium of the vapor and liquid on the tube cross-
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Figure 5. Frictional pressure drops for condensation flow of pure and mixture refrigerants.
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Figure 6. Effects of the mass fraction of R1234ze(E) on the frictional pressure drops for
condensation flow.
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section. In addition, Figs. 7(a) and (b) compare the measured frictional pressure drops with the
values predicted by correlations. With respect to the frictional pressure drops of the refrigerant
mixtures in the microfin tube, both conventional correlations of Chamra et al. and Inoue et al. tend
to predict excessively more than the experimental values under low mass velocity and high wetness
condition. On the other hand, under high mass velocity and low wetness condition, the predictions
tend to be lower than the experimental values.
4.3.

Condensation Heat Transfer Coefficient

Figs. 8(a) and (b) show the relationship between the condensation heat transfer coefficients, αexp,
and the wetness, 1–x, for the pure refrigerant R245fa and refrigerant mixtures R245fa/R1234ze(E)
at mass velocities of 100 and 200 kg.m -2.s-1. Based on the condensation heat transfer coefficient
experimental results shown in Figs. 8(a) and (b), the condensation heat transfer coefficients of the
pure refrigerant and refrigerant mixtures increase as the mass velocity increases. It then decreases
as the wetness increases. Moreover, the condensation heat transfer coefficients of
R245fa/R1234ze(E) are smaller than that of the pure refrigerant at any mass velocity and wetness.
According to the conventional study, in the zeotropic refrigerant mixture condensation flow, the highboiling point component of R245fa preferentially condenses, resulting in a concentration distribution
owing to the mass transfer resistance formed near the vapor-liquid interface on the vapor side.
Subsequently, the low-boiling point component concentration at the vapor-liquid interface increases
and the vapor-liquid interface temperature decreases thereby decreasing the temperature difference
effective for condensation between the vapor-liquid interface and wall surface. As the condensation
progresses, the refrigerant mixture dew point decreases according to the relation of the vapor-liquid
phase equilibrium. The refrigerant temperature then decreases in the flow direction. With these
factors, the condensation heat transfer coefficients of the zeotropic refrigerant mixtures are assumed
to be lower than that of the pure refrigerant.
Based on the condensation heat transfer coefficient ratio of the refrigerant mixtures, αmix, to the pure
refrigerant, αR245fa, shown in Figs. 9(a) and (b), the condensation heat transfer coefficient reduction
rate of the refrigerant mixture to that of the pure refrigerant did not greatly differ between the
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Figure 8. Condensation heat transfer coefficients of pure and mixture refrigerants.
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composition ratios of 80/20 mass% and 65/35 mass%; however, the reduction rate is larger than
90/10 mass%. From Table 2 and Fig. 4, the temperature glides, ΔT, of 80/20 mass% and 65/35
mass% are respectively 8.0 K and 8.9 K. These are small differences. Hence, the influence of
different temperature glides on the condensation heat transfer coefficient is considered to be
minimal. On the other hand, the temperature glide of the 90/10 mass% refrigerant composition ratio
was relatively small, with a value of 5.4 K, compared with that of the 80/20 mass% and 65/35 mass%
refrigerant composition ratios. Therefore, the condensation heat transfer coefficient reduction rate of
the refrigerant composition ratio of 90/10 mass% was reduced. Moreover, the condensation heat
transfer coefficients of the refrigerant mixtures were reduced by approximately 30% to 60%
compared with the pure refrigerant under the mass velocity condition of 100 kg.m -2.s-1. However,
with the mass velocity of 200 kg.m -2.s-1, the reduction was only approximately 10% to 40%. As the
mass velocity decreases, the condensation heat transfer coefficient reduction rate of the refrigerant
mixtures was observed to increase. This may be due to the mass transfer promoted by the forced
convection as the mass velocity increased and concentration boundary layer near the vapor-liquid
interface diffused.
4.4.

Effect of the Refrigerant Composition on the Condensation Heat Transfer Coefficient
and Comparison with the Prediction

mix / R245fa [ - ]

Figs. 10(a) and (b) show the change of the condensation heat transfer coefficient with the refrigerant
composition at the wetness of 0.2, 0.5, and 0.7. The lines are the condensation heat transfer
coefficient calculated from the correlation of Chamra and Mago (2006) and the refrigerant mixture
physical properties obtained assuming equilibrium of the vapor and liquid phase on the tube crosssection. The correlation of Chamra and Mago for the refrigerant mixture was to modify the three
constants in the correlation of Chamra at al. (2005) for the pure refrigerant. Fig. 11 compares the
measured condensation heat transfer coefficients with the values predicted by correlations. The plot
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1

(b) G = 200 kg·m -2·s-1, (Tbub+Tdew)/2 = 60 °C

0.5
LF

0

0

0.2

90/10 mass%
80/20 mass%
65/35 mass%

HF

0.4
0.6
1–x[-]

90/10 mass%

0.8

10

0.2

0.4
0.6
1–x[-]

0.8

1

exp. Chamra - Mago

5

0

0 0.1 0.2 0.3 0.4 0.5 0 0.1 0.2 0.3 0.4 0.5
Mass fraction of R1234ze(E) Mass fraction of R1234ze(E)

Figure 10. Effects of the mass fraction of R1234ze(E) on
the condensation heat transfer coefficients.

50
Pure refrigerant
Chamra et al. (2005)
Refrigerant mixtures
Chamra - Mago (2006)

10

-3
0%

1 – x = 0.2
1 – x = 0.5
1 – x = 0.7

(b) LF, G = 200 kg·m -2·s-1
(Tbub+Tdew)/2 = 60 °C

+3
0%

10

(a) LF, G = 100 kg·m -2·s-1
(Tbub+Tdew)/2 = 60 °C

 · (deq /di)cal [kW·m-2·K-1)]

 · (deq /di) [kW·m-2·K-1)]

Figure 9. Ratio of the condensation heat transfer coefficients of the pure and mixture refrigerants.

5

1
0.5
0.5

R245fa
90/10
80/20
65/35

1

LF
HF
G100 G200 G100 G200

5

10

 · (deq /di)exp [kW·m-2·K-1)]

50

Figure 11. Comparison between
measured and predicted HTC.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1011

in the both figures were the heat transfer coefficient definition based on the maximum inside
diameter. The predicted values from the correlation of Chamra and Mago tends to predict lower
values than the experimental values. When the mass fraction of R1234ze(E) was 0.1 and greater,
an almost constant value was observed, and the zeotropic property influence cannot be sufficiently
sorted out.
4.5.

Heat Transfer Enhancement by Microfin Tubes

Figs. 12(a) and (b) show the condensation heat transfer ratio between the microfin and smooth tube
(αMT×η/αST). αMT×η is the microfin tube condensation heat transfer coefficient based on the equivalent
inner diameter heat transfer area. The heat transfer enhancement rate in the microfin tube
condensation flow was largest in the case of pure refrigerant. Its value was approximately 2.0 times
maximum in the case of LF and approximately 5.0 times maximum in the case of HF. Focusing on
the refrigerant mixtures, the heat transfer enhancement rate is slightly higher under high mass
velocity condition. The heat transfer enhancement effect of LF was approximately 1.3 to 2.0 times at
a mass velocity of 100 kg.m -2.s-1 and 1.5 to 2.2 times at a mass velocity of 200 kg.m -2.s-1. In the case
of HF, a heat transfer enhancement effect of approximately 1.8 to 2.0 times at a mass velocity of
100 kg.m -2.s-1 and 2.0 to 2.6 times at a mass velocity of 200 kg.m -2.s-1 was obtained. From these,
the condensation heat transfer coefficient was confirmed to have a heat transfer enhancement effect
by the microfin shape in addition to the surface area contribution enlarging the microfin tube heat
transfer area under a high mass velocity condition.

5. CONCLUSIONS
In this study, experiments on the condensing characteristics inside the horizontal smooth and
microfin tubes of the refrigerant mixtures R245fa/R1234ze (E) were carried out. The frictional
pressure drop and condensation heat transfer coefficient were experimentally clarified. The
experimental results were compared with the predictions from previously derived correlations. The
following conclusions were drawn based on the findings of the study:
(1) The frictional pressure drops of the condensation flow in the horizontal microfin tubes of the
refrigerant mixtures R245fa/R1234ze(E) decrease as the mass fraction of R1234ze(E) increase.
(2) With respect to the frictional pressure drops of the refrigerant mixtures in the microfin tube,
previous correlations tend to predict excessively more than experimental values under low mass
velocity and high wetness condition. Inversely, under high mass velocity and low wetness
conditions, lower experimental values were predicted.
(3) The condensation heat transfer coefficients in the horizontal microfin tubes of the refrigerant
mixtures R245fa/R1234ze(E) decreases owing to the temperature glide increase with increasing
mass fraction of R1234ze(E) within the range of the refrigerant composition of this study.
However, as the mass velocity increases, the mass transfer resistance decreases, thereby
decreasing the condensation heat transfer coefficient reduction ratio of the refrigerant mixtures
to pure refrigerant.
(4) The condensation heat transfer coefficients in the microfin tubes of the refrigerant mixtures tends
are predicted to be excessively smaller than the experimental value from the conventional
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Figure 12. Condensation heat transfer ratio between the microfin and smooth tube.
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correlation. When the mass fraction of R1234ze(E) was 0.1 and greater, a nearly constant value
was observed, and the zeotropic property influence cannot be sufficiently sorted out.
(5) The microfin tube heat transfer enhancement effect was largest in the case of the pure
refrigerant. In the refrigerant mixtures, a slightly higher heat transfer enhancement effect was
observed under a high mass velocity condition. The heat transfer enhancement effect of LF and
HF was approximately 1.3 to 2.0 times and 1.8 to 2.0 times at a mass velocity of 100 kg .m - 2 . s - 1 ,
and 1.5 to 2.2 times and 2.0 to 2.6 times at a mass velocity of 200 kg.m -2.s-1.
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NOMENCLATURE
cp
d
G
P
q
Q
T
W
L
α
ΔhLV
ΔZ
λ
μ
ξ

specific heat capacity, J×kg ×K-1
tube diameter, m
mass velocity, kg×m -2×s-1
pressure, Pa
heat flux, W×m -2
heat transfer rate, W
temperature, K
mass flow rate, kg×s-1
effective length of heat transfer area,
m2
heat transfer coefficient, W×m -2×K-1
latent heat, J×kg-1
length pressure drop measurement
section, m
thermal conductivity, W×m -1×K-1
viscosity, Pa×s
void fraction, -1

ρ
η

density, kg×m -3
surface area enlargement, -

Subscripts
bub
bubble point
dew dew point
exp
experiment
i
inside the tube
L
liquid
mix
refrigerant mixtures
MT
microfin tube
r
refrigerant
s
heat source
ST
smooth tube
V
vapor
w
tube wall
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ABSTRACT
Performance of microchannel cooling system depends on, inter alia, vapor quality in the evaporator.
Therefore, optimization of evaporation requires precise control of quality at the microchannel inlet
(x). Here, we compare three different kinds of preheaters used to adjust x: an immerse heater, a
brazed plate heat exchanger (BPHE) and direct current (DC) heater. The study covers critical heat
flux (CHF), pressure drop, heat transfer coefficient, operating temperature limits imposed by
refrigerant, uncertainties in x, and power control. The refrigerant is R245fa and the saturation
temperature is 40-90°C. Immerse heaters require liquid immersion and, depending on geometry, are
prone to CHF occurrence. BPHE requires silicone oil as a heating medium and, consequently,
expensive measuring equipment. Compared to BPHE, DC heating offers lower uncertainties, but it
is limited by the maximum voltage of the power supply.
Keywords: Heat transfer coefficient, Microchannel, R245fa, Two-phase flow

1. INTRODUCTION
Increasing power of electronic components challenges cooling technology to provide high capacity
solutions capable of heat dissipation from limited heat transfer areas. Flow boiling in microchannels
is considered to be a promising option due to small channel size and high latent heat of vaporization.
As electronic systems are used in a growing number of applications, flow-boiling dynamics,
commonly described with heat transfer coefficient (HTC), needs to be mastered over a wide range
of operating conditions including system temperature tsat and heat fluxes qw. For constant qw, tsat,
mass flux and channel geometry, HTC depends on vapor quality (x) which increases along the
microchannel due to vaporization. As shown in Sandler et al. (2018), existing models cannot
accurately reproduce this dependence over the entire range of operating conditions. Thus,
experimental work spanning from x=0 to x=1 is required to understand heat transfer dynamics.
Performing complete vaporization within the microchannel evaporator is difficult due to large
pressure drops accompanying two-phase flows. Therefore, the strategy is to employ preheaters to
control vapor quality at the microchannel inlet. This paper discusses crucial aspects of preheater
design: critical heat flux (CHF), pressure drop, heat transfer coefficient, operating temperature limits
imposed by the refrigerant, uncertainties in x, and power control. Based on discussed factors, an
immerse heater and a direct current (DC) heater are analyzed. Their uncertainties in x are compared
with those of a brazed plate heat exchanger (BPHE).

2. PREHEATER DESIGN CONSIDERATIONS
Preheater vaporizes working fluid from the slightly subcooled conditions to the desired vapor quality
using supplied heat 𝑄̇. Vaporization imposes restrictions on heat exchanger design, as phasetransition from liquid to vapor is prone to CHF occurrence. At CHF, liquid wall film is replaced with
vapor. Because thermal conductivity of vapor is lower than liquid, the heat transfer becomes
deteriorated, and the temperatures of the wall and the adjacent working fluid sharply increase.
Consequently, there is a risk of preheater burnout and thermal decomposition of working fluid (for
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synthetic refrigerants). Prediction models provide information on the maximum heat flux that can be
imposed on particular working fluid without the risk of CHF occurrence. With the knowledge of CHF,
the maximum preheater heating power can be determined. However, safe operation depends not
only on CHF, but also on HTC which should be high enough to prevent excessive fluid and wall
temperatures.
Two-phase flows are characterized by high pressure drops that impose extra work on the circulating
pump and increase the amount of heat that needs to be transferred to fluid 𝑄̇. This is because at
lower pressure the latent heat of vaporization is higher and more heat is needed to achieve the
required x. Therefore, high pressure drops should be avoided.
The ease of power adjustment and uncertainty in x also need to be considered. Depending on
preheater heat source additional control and measurement equipment is required that decides on
the accuracy of the obtained vapor quality. This is because x is determined based on preheater’s
energy balance. The cost of the power supply and measurement & control equipment should also
be taken into consideration. Summing up, the optimal preheater design is characterized by:
• high values of CHF and HTC that reduce the risk of preheater burnout or fluid decomposition;
• low pressure drops to avoid unnecessary pump work and heating power;
• reliable power control system allowing precise power adjustment;
• accurate measurement equipment yielding vapor quality of low uncertainty;
• low investment costs.

3. ANALYZED CASE
The analysis concerns a preheater that works in a system of four main components: a circulating
pump, a preheater, a microchannel evaporator, and a condenser. The working fluid is a synthetic
refrigerant R245fa with thermal decomposition temperature >250ºC. The pressure at the
microchannel inlet p ranges from 2.5 to 10 bar, which corresponds to saturation temperatures tsat 4090ºC. Mass flow rates 𝑚̇ of the working fluid are between 4 and 16 g s-1.
Preheater should evaporate fluid to a point where either the quality at the outlet of microchannel
evaporator reaches 1 or the pressure falls below the atmospheric. The latter condition helps to avoid
the risk of air coming into the system and pressurizing R245fa. The resulting preheater power at the
highest mass flow rate 𝑚̇ = 16 g s-1 is 2.5 kW.
The most common preheater design is a DC heater (Fig. 3 a). It consists of a stainless tube
connected to a DC power supply and electrically insulated from the rest of the system with dielectric
clamps. Design procedure aims at selecting stainless tube diameter, its length and wall thickness at
chosen coil diameter (Dcoil=0.6 m) and pitch (50 mm). The analyzed heater is of helical shape.
Because DC preheaters require expensive power supply (especially for high heating powers), we
compare it to a simpler AC immerse heater installed inside the refrigerant pipe (Fig. 3 b)). This
solution requires an autotransformer to control and a multimeter to measure its heating power. The
aim of the immerse heater design procedure is to find refrigerant pipe diameter Dim and immerse
heater length for heating tubes diameter d = 8 mm. The third analyzed option is a BPHE with a
thermostatic bath as a heating source and a silicone oil as a heating medium (as tsat reaches 90ºC).
To find its power, measurements of silicone flow rate and its temperatures before and after the BPHE
are required. It is worth noting that using silicone may increase the cost of the flow meter. In this
article, the main focus of the BPHE analysis is determining the accuracy of the obtained vapor
quality.

Figure 1: (a) DC heater and (b) immerse heater geometries

The uncertainty in x depends on the accuracy of the equipment used to determine preheater power
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and R245fa state and flow rate before the preheater. Uncertainties of the measurement equipment
are given in Table 1.
Table 1. Specifications of the additional equipment
Preheater type

Equipment

Immerse preheater

Multimeter UNI-T UT60C

DC preheater

Parameter

DC power supply Agilent 6681A
max. power 5 kW

Voltage Ue
Max. 8 V
Current I

Voltage Ue
Current I
BPHE
Thermostatic
bath
PolyScience Power
AD15H200
max. 2.2 W
Flow meter for the heating medium
Flow rate 𝑉̇)*
Tecfluid, Covol series
R245fa state before Pressure transducer Wika, A-10
Pressure p
the preheater
Thermocouple K
Temperature t
Flow meter for R245fa KDS-K
Flow rate 𝑉̇

Uncertainty, unit

0.05%reading +
12, mV
±(0.1%reading +
400), mA
±(1% + 5 digit), V
±(2% + 5 digits), A
±0.8%
±0.5 FS%
1.5, K
±3 FS%

4. METHODS
In this section methods for calculation of CHF, HTC, pressure drop and uncertainty in x are
presented. For BPHE only the method for uncertainty in x is described as this preheater is selected
from manufacturer’s catalogue. DC wall thickness is calculated using the following formula:
1

23
𝑄̇*+, = 4./0
6

Eq. (1)

5 37

where 𝑄̇*+, is the required preheater power, Umax is the max. voltage of the power supply, 𝜌9: is the
resistivity of stainless steel (0.73 Ω∙mm2m-1), Ae is the electric current flow cross-section (mm2). For
a given preheater resistance R, Umax and the max. power of the power supply limit preheater power.
4.1.

Critical Heat Flux (CHF)

CHF was calculated using the method of Katto-Ohno (Katto and Ohno, 1984 cited in Wojtan et al.,
2006). In the system of interest R245fa enters the preheater in a subcooled state. For such flow
conditions CHF is given by:
4

E∙6

6

𝐶𝐻𝐹>?@ = 𝑓 BC5 ; G 1 47 ; 6H ;
5

5

)7I)JKL

7

)7H

M

Eq. (2)

According to the experiments of Jayanti and Hewitt, 1991 (cited in Hardik and Prabhu, 2017), in the
saturated region (x > 0) CHFcoil is higher than its straight tube counterpart. In the subcooled region
(x < 0), CHFcoil is lower than CHFst but still higher than CHFcoil(x=0). Thus, for helical coils we used
Katto-Ohno correlation with x = 0. For the immerse heater its diameter Dh was calculated by analogy
to the formula used by Qu and Mudawar (2004):
𝐷) =
4.2.

O∙P)+QQ9: PRS>>>9PTUSQ+: +R9+
)9+T9V W9RU*9T9R

=

X
Y

1
O∙ ∙ZC[.
I\∙V1 ]

\∙^∙V

Eq. (3)

Uncertainty in x

Standard error propagation method was used to estimate the absolute uncertainty in x. For all the
proposed options, the first step was to calculate the uncertainty in working fluid mass flow rate 𝑚̇
and enthalpy ℎUQ before the preheater based on fluid temperature, pressure and volumetric flow rate.
It was assumed that subcooling was 10 K. The second step involved calculation of uncertainty in
preheater heating power 𝑄̇. For DC and immerse heaters 𝑄̇ is given by Eq. (4) and for the BPHE by
Eq. (5):
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𝑄̇ = 𝑈9 ∙ 𝐼

Eq. (4)

𝑄̇ = 𝑉̇)* ∙ 𝜌)* ∙ 𝑐c,)* ∙ Z𝑡)*,UQ − 𝑡)*,S?T ]

Eq. (5)

It was assumed that 𝑡)*,UQ = 𝑡>+T + 10K. Values of 𝑚̇)* and 𝑡)*,S?T were calculated by combining
Eq. (5) with Eq. (6).
ZT
IT5.,lKm ]
𝑄̇ = 𝑈𝐴 ∙ 5.,[k
m5.,[k nmJ/m
:Q

Eq. (6)

m5.,lKm nmJ/m

Where U is the overall heat transfer coefficient (W m-2 K-1) and A is the BPHE heat transfer area
(m2). Finally, the uncertainty in x was assed using the combination of the following formulas:
𝑄̇ = 𝑚̇ ∙ (ℎS?T − ℎUQ )
𝑥=
4.3.

Eq. (7)

)lKm I)7

Eq. (8)

)7H

Pressure Drop, HTC and Wall Temperature Calculation

For a fixed value of p, 𝑚̇ and 𝑄̇, calculation procedure is as follows. The heating length is divided
into n calculation points. Knowing vapor quality at preheater inlet xin its value in the i-th point can be
determined using Eq. (8) and energy balance equation given by:
𝑄̇ ∙ 𝐿),U /𝐿) = 𝑚̇ ∙ ZℎU,S?T − ℎUQ ]

Eq. (9)

Then fluid pressure drop is determined as the sum ∆𝑝vR + ∆𝑝+PP + ∆𝑝>T+T . For single-phase flows
∆𝑝+PP = 0 and for immerse heaters ∆𝑝>T+T = 0. For two-phase flows, the average pressure drop in
the saturated region was calculated first, and then it was assumed that fluid pressure varies linearly
with region length. Correlations used for calculation of ∆𝑝vR and ∆𝑝+PP are presented in Fig. 2. If
correlations concern only frictional pressure drop, the accelerational term was calculated by the
formula presented in Hardik and Prabhu (2018).
Preheater type

DC heater (helix)

fsp

HTCsp

• Ito (1959, cited in
Hardik et al., 2015)
for laminar flow;
• Ito (1969, cited in
Hardik et al., 2015)
for turbulent flow.

∆Ptp

Hardik and Prabhu
(2017, cited in
Hardik and Prabhu,
2018)

Hardik et al.
(2015)

HTCtp
Liu and
Winterton
(1991)

Immerse heater (straight pipe)

HTCsp
• 𝐻𝑇𝐶 =

O.‡O\∙ˆ
C5

fsp
for

laminar flow;
• Petukhov and
Popov (1963, cited
in Shah and Sekulic,
2003) for turbulent
flow;
• Taborek (1990,
cited in Shah and
Sekulic, 2003) for
transient flow.

• 𝑓=

‰\
Š9

for laminar

flow;
• Bhatti and Shah
(1987, cited in Shah
and Sekulic, 2003)
for turbulent flow.

∆Pfr,tp
Muller-Steinhagen
and Heck (1986)

Figure 2: Correlations used for pressure drop and heat transfer coefficient calculations

With the knowledge of fluid pressures and qualities, the value of HTC can be determined. Finally,
wall temperature is determined as 𝑡€,U = 𝑡>+T,U + 𝑞€ /HTCU . Correlations used to calculate HTC
depending on preheater type are presented in Fig. 2. In the two-phase flow region HTC for both the
helical and straight tube was calculated using the same formula of Liu and Winterton (1991)
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developed for straight tubes. This is because straight tube formulas can predict heat transfer in
helical coils with good accuracy as shown in Zhao et al. (2003).
5. RESULTS OF THE ANALYSIS
Figs. 3 and 4 show results of CHF calculations for the DC and immerse heaters together with the
maximum power that can be obtained without the risk of CHF occurrence as a function of heat
exchanger length and diameter.

Figure 3: CHF and maximum power of a DC heater

Figure 4: CHF and maximum power of a immerse heater

Analysis of the data in Fig. 3 shows that decreasing tube diameter causes the CHF to increase. This
is because higher fluid velocities restrain the generated vapor from accumulation. As for tsat, its raise
promotes bubble nucleation, and thus, CHF occurrence. Longer heated length causes CHF to fall.
Fig. 3b) proves that high CHF cannot be treated as a sole indicator of the given geometry power
because larger heat transfer area (corresponding to higher Lh and Dh) may make up for the reduced
CHF. Similar trends can be observed for the immerse heater (see Fig. 4). However, the calculated
values of CHF are much lower than for the DC heater. The reason is the larger flow area of the
immerse heater which yields lower fluid velocity. On the other hand, increased heat transfer area
results in higher maximum heating power compared to the DC heater. From the CHF management
analysis, the recommendable length of a DC heater would be 2.5 m and 4 m for the immerse heater.
Fig. 5 and 6 depict the average HTC and maximum wall temperature tw of the DC and immerse
heaters for 𝑞€ = CHF. Results show that HTC rises with lower pipe diameters due to increased fluid
velocity. Higher saturation temperatures deteriorate the heat transfer. This might be because
increased tsat yields lower CHF (translating into lower 𝑞€ as the analysis is for 𝑞€ = CHF) which
diminishes bubble nucleation. The other reason might be lower liquid to vapor density ratio which
causes the fluid to experience less acceleration due to phase transition, thus worsening forced
convection. Wall temperature shows strong dependence on heated length as tw follows the CHF in
trend (see Fig. 5 b)). Immerse heaters give lower HTC and consequently higher tw than the DC
heater. Therefore, there is a risk of refrigerant thermal decomposition or preheater burnout.
Fig. 7 shows pressure drop for the DC and immerse heaters as a function of their geometry for 𝑞€ =
CHF and 𝑚̇ = 16 g s-1. Comparing Fig. 7 a) and b) shows that immerse heaters yield lower pressure
drops that the DC heater.
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Fig. 8 presents the uncertainty in vapor quality of the DC and immerse heaters for 𝑞€ = CHF.
Comparing the obtained results with the data in Fig. 3 and 4 indicates that the value of u(x) follows
the behavior of the maximum power 𝑄̇: the higher the heating power, the higher uncertainty in x can
be observed. Comparing the values of uncertainty in x of the DC and immerse heaters shows that
the former yields lower u(x). For DC heaters it is recommended to use large Lh, while for the immerse
heater in the analyzed length range it is more beneficial to use a shorter one (Lh < 4 m).

Figure 5: The average HTC and maximum wall temperature of a DC heater.

Figure 6: The average HTC and maximum wall temperature of an immerse heater

Figure 7: Pressure drop of the (a) DC and (b) immerse heaters

The uncertainty in x for the BPHE was calculated for the values of 𝑈𝐴 in Eq. (6) ranging from 400 to
1000 W K-1 assuming that the pressure drop in the heat exchanger is 50 kPa. Heating power was
2500 W. Results are presented in Fig. 9. They show that BPHE yields the highest inaccuracy among
the analyzed heaters. Its value decreases with increasing 𝑈𝐴 due to lower absolute error associated
with heating medium flow rate measurement as the flow rate falls with higher 𝑈𝐴. Increasing
saturation temperature increases the u(x) because at higher tsat the absolute inaccuracy associated
with determination of fluid enthalpy at preheater inlet rises.
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Figure 8: Uncertainty in vapor quality of the (a) DC and (b) immerse heaters.

Figure 9. Uncertainty in vapor quality of the BPHE for 𝒎̇=16 g s-1

6. CONCLUSIONS
In this paper we performed an analysis of a preheater design that includes critical heat flux, heat
transfer coefficient, wall temperature, pressure drop and uncertainty in vapor quality considerations.
Three types of heat exchangers were analyzed: DC and immerse heaters and a BPHE. Results
showed that:
• An immerse heater yields lower pressure drops that the DC heater. On the other hand, it is
characterized by lower CHF and HTC. Thus, its wall temperatures are higher. Moreover, the
immerse heater requires full liquid immersion. Consequently, there is a risk of fluid
decomposition or preheater burnout.
• The value of CHF cannot be considered as the sole indicator of the maximum preheater
heating power because large heat transfer area can compensate for lower CHF.
• The uncertainty in vapor quality is the lowest for the DC heater and the highest for the BPHE.
• Power control of DC and immerse heaters is easier than for the BPHE because it is based
on electric power control instead of the hydraulic one (which may require a trial and error
procedure). However, the power of DC heater is limited by its resistance and the power of
the power supply. In the case of BPHE, at high saturation temperatures this option requires
silicone oil as a heating medium which may increase the cost of the measuring equipment.
Based on the above analysis, a DC heater provides the highest accuracy in vapor quality, easy
power control and safe operation in terms of temperature limits. In the analyzed case it is the
recommended solution.
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𝑄̇
𝑉̇
𝑚̇
∆𝑝
CHF
cP
D
Dh
f
G
h
HP
HTC
I
Lh
p
q
R
t
U
Ue

heating power (W)
volumetric flow rate (m3s-1)
mass flow rate (kg s-1)
pressure drop (Pa)
critical heat flux (W m-2)
heat capacity (J kg-1 K-1)
channel diameter (m)
heated channel diameter (m)
Fanning friction factor (-)
mass flux density (kg m-2s-1)
enthalpy (J kg-1)
heated perimeter (m)
heat transfer coefficient (W m-2K-1)
current (A)
heated length (m)
pressure (Pa)
heat flux (Wm-2)
electric resistance (Ω)
temperature (°C)
overall thermal conductivity (W m-2K-1)
voltage (V)

x
vapor quality (-)
𝜌
density (kg m-3)
𝜎
surface tension (N m-1)
Subscripts
acc
accelerational
coil
coil
fr
frictional
hm
heating medium
im
immerse
in
inlet
l
saturated liquid
lv
phase change from liquid from liquid to
vapor
out
outlet
sp
single phase
st
straight tube
stat
static
sub
subcooled
tp
two phase
v
saturated vapor
w
wall
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ABSTRACT
The emergence of the first commercial chiller units based on water as refrigerant actualizes the
ongoing discussion on the refrigerant for the future – all aspects included.
The paper describes the layout and design of a water vapor-based chiller unit including direct contact
heat exchangers and an axial compressor. Field test results for the first two years is presented for
the fully automated chiller unit including annual variations and capacity adjustments.
Keywords: Refrigeration, R718, Water, Axial compressor, Evaporators, Energy Efficiency.

INTRODUCTION

Many future low-GWP refrigerants are considered flammable at different levels. A2L, A2, and A3
require the same risk assessment because the released energy in the stoichiometric point will be
close to the same as for all the classes. A simple calculation using the gas properties found in ISO
817 shows that a gas with a high LFL is just as dangerous as a gas with a low LFL because there is
more of it in the machine room atmosphere. This will not the case when water is used as refrigerant.
Water is neither toxic nor flammable. Statistically and as a curiosity, water is, however, dangerous
because many people drown every year, you can find dangerous fish in water, and it can fall down
from the roof as ice in the winter. As one of the pioneers of the idea of water as refrigerant, Joachim
Paul used to say when talking about water as a refrigerant, there is a series of problems with water.

1. REFRIGERANT DISCUSSION
The growing concern about the global warming potential (GWP) of some refrigerants and the safety
of the alternatives has made the use of the only non-flammable refrigerant with no GWP, low
pressure, and no toxicity - which is 100% natural, i.e. water or R-718, more relevant than ever. In
many warm climate zones, the ongoing discussion is which refrigerant to turn to. Some of the most
used refrigerants have an ozone depleting potential (ODP), mainly R-22, and others have a GWP,
which will come in focus when the Kigali amendment to the Montreal Protocol will apply. The Kigali
amendment came in to force on 1 January 2019 in most parts of the world with the exception of a
few larger countries, which have chosen to stand outside this landmark agreement. However, for
international users, it is a question of whether they can live with the uncertainty of deliveries of a
given refrigerant.
Some low-GWP refrigerants are causing concerns in terms of the breakdown of products resulting
in the creation of TFA in the ground source water (Wallington et al., 2014). Especially in Germany,
there has been a public debate on this concern during the summer 2018. Other refrigerants are
causing debate because they contain chlorine, and German politicians believe that these refrigerants
should be included in the Montreal Protocol ozone section and be phased out under these
regulations.
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2. THE CHILLER MARKET
The chillers described in this paper are used for cooling molding machines where the efficiency of
the process depends on how quick the molding head can be cooled down after the fluid has been
injected in the form. The temperature used is 9 °C leaving temperature and a return temperature at
16 °C. Due to the water quality of the ground water, it is necessary to use a heat exchanger between
the molding machines and the chiller, which reduces the efficiency of the chiller by approximately
2%. The warm side is ejecting the heat directly to the ambient, which gives the highest efficiency
even with a penalty for the vacuum pumps necessary to keep down the vacuum in the condenser.
The estimated global market value for chillers is about 8,774 Billion US$ (chiller market 2015). The
ten largest markets by share are shown in fig. 1. Many other markets are also interesting for water
vapor chillers, mainly in the warm climates, because they will draw benefits of being able to run the
system at higher evaporating temperatures and thereby also at a higher efficiency.
The efficiency could become the only concern when all refrigerants have extremely low GWPs
because the electricity for running the system would become the main obstacle if the system
consumes more energy than the refrigerants, it is replacing. Tests have shown that the water vapor
compressor used for this project is as efficient as most other refrigerants in chiller applications, but
the efficiency increases rapidly as the evaporating temperature increases. Thus, the water vapor
compression cycle is especially relevant when it comes to cooling processes in the industrial
segment, e.g. computer cooling, molding processes, heat pumps etc.

Global top ten chiller countries by market
share

32%

37%

2%

12%

2%
3%

6%
3% 3%

China

USA

Japan

Italy

India

Germany

South Korea

others

Saudi Arabia

Figure 1: Top 10 chiller markets by share. The global value of chiller market in 2015

GLOBAL CHILLER MARKET SHARE BY
TYPE, 2015
Screw chillers
3.5

Scroll chillers

5 3.5
28

Centrifugal chillers
Absorption chillers

60

Reciprocating
chillers

Figure 2 The global chiller market by technology share, 2015
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In case of available waste heat, absorption chillers come in to the question as well. Chillers based
on reciprocating also play a role, and especially chillers based on ammonia using open type
compressors often use reciprocating compressors up to about 1.5 MW. Small type centrifugal
compressors (Efficient Energy GmbH) are available on the market with water as the primary
refrigerant. Larger types of centrifugal chillers are available at 350 kW by Kawasaki. Market
introduction of chillers based on axial compressors using water as the primary refrigerant is under
way. This is presented in this paper.

3. ONGOING ACTIVITIES
Steam has been used for decades in processes such as distillation, desalination, mechanical vapor
recompression, power plants, etc., which usually are based on Roots type compressors or ejectors.
It is relatively new that commercial chillers are available on the market or that they are being
developed phase based on R718. A number of companies have activities concerning chillers or heat
pumps using water as the fluid. The following list shows a selection of some of them:
IDE Technologies has been on the market for many years with applications i.a. desalination, vacuum
ice for mine cooling, and artificial snow generation. The technology is based on large-scale
centrifugal compressors with a special design with individual blades. A special direct contact ice
generator and drain system has been developed for the vacuum ice applications. The condenser is
an indirect type. There are several papers and patents related to the activities, for example (IDE
home 2019), (IDE Patents), (Ophir A. 2008).
Johnson Controls Denmark: Cooperates with IDE technologies to establish vacuum ice for district
heating and a prototype chiller in the 1980’s and the 1990’s (Andersen, Boldvig 1987), (Minds G.
1993). Later on, a compressor development project was initiated and resulted in a cooperation to
develop a commercial prototype of an axial compressor for chiller applications, the unit in question
for this paper (Svarregaard 2001), (Madsboll 2011), (Press Release 2011). A high-temperature heat
pump based on a modified turbo-chiller design has also been developed (Larminat P. 2014).
ILK, Dresden: Development of a two-stage centrifugal chiller unit, basically the same type of
compressor as IDE Technologies, an indirect evaporator and condenser, which have been
commercialized (Wobst, E. et al., 2004). The company now offers the vacuum ice unit with a direct
contact ice generator, (ILK Vacuum ice).
Kawasaki Heavy Industries: Offers commercial chiller based on two-stage centrifugal compressor
and a specially developed motor in vacuum. The unit has been demonstrated at the factory site.
(Sakamoto H., 2015), (Kawasaki mizuturbo), (Kawasaki Patent).
Efficient Energy: offers commercial chillers for relatively low capacity and relatively high cooling
temperature. The chillers are offered as modules that can be combined, and there are several units
in operation in Germany. (Efficient Energy home), (Süss J, 2016).
Kobe Steel (Kobelco): Development of axial compressor and chiller systems for both direct and
indirect heat exchanger. Development of screw type high-temperature heat pump system with
applications in Japan. (Press Release), (Steam Star).
Rotrex: Development of high-temperature heat pump based on a planetary gear and a centrifugal
compressor. The current status is a field test of the latest version in an industrial evaporator (Rotrex
home), (Borup J, Jensen J. 2012), (Madsboll H. et al.2015).
F3Snow: Development of system for artificial snow production at a rather low capacity based on twostage centrifugal compressors. (F3 Snow home).
Black Pine Engineering and Michigan University: Development of a special type of axial compressor
modules for relatively high temperature levels. (Qubo L et al, 2011), (Black Pine Engineering home).
Danish Technological Institute: Development center for a number of compressor designs (axial,
centrifugal, cycloid), system design etc. for vacuum ice, chiller, and high-temperature heat pump
applications. (Nyvad, J., Elefsen, F. 1993), (Madsboll H., 2011), (Madsboll H. et al, 2015).
In addition, some companies have been working in the area of developing systems (Dr. Joachim
Paul, EDF among others), and there is also an awareness regarding companies which are in the
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process of developing compressors and systems with water as media for various capacities and
applications, but they are not ready to go public yet.

4. RESULTS FOR COMMERCIAL CHILLER PROTOTYPE
The main difference between this system and all other refrigeration and AC systems is that it can be
designed as an open system. Thus, a part of the refrigerant is evaporated to the ambient without
affecting the global climate. In a normal cooling tower system, there is a supply of water in the tower
basin, but the supply in the water vapor compression system is the make-up water on the lowpressure side in the evaporator. It is a challenge to do so due to the accumulation of the materials
in the evaporator because the vapor does not take impurities, salts etc. through to the condenser. If
water is a scarce resource, a dry cooler can be used in the system instead of an open cooling tower.
This will have a draw back on the efficiency side as discussed in this paper.
The system uses an axial compressor developed on the basis of the learnings from a series of
development projects, which all together have been running for almost 15 years (Press Release),
(Madsboll 2011). The final development and field-test are funded by the Danish Energy Agency
under the program called EUDP.

Figure 3 Sketch of chiller unit principle with open evaporator and open condenser
– the operating conditions are indicated.

In the current compressor, all bearings are water lubricated, which at times has been a challenge of
its own. Water is not a perfect lubricant in all cases, but it was chosen, because it is a way to reduce
the mechanical loses to nominal values of about 2-2.5% of the total power consumption due to the
low viscosity of the lubricant. The water lubricated bearings allow the compressor to be integrated
directly in industrial processes without the risk of oil contamination of for example chemical
processes or food industry.
The compressor package is working at the saturation pressures for the water temperatures in
question, which is well below the atmospheric pressure. For this reason, vacuum pumps are used
on the condenser side to keep the pressure down and to remove the non-condensable gasses. In
this refrigeration system, too much air is a killer, which leads to a steep decrease in the heat transfer
coefficient and an increase in the compressor performance loss. The air is removed at the highpressure side of a specially designed deaerator, which is integrated with the condenser, while the
pressure at the low-pressure side in the evaporator is kept down by the compressor itself. On this
unit, there are two vacuum pumps. One of the methods to keep up the efficiency of this system is to
keep the vacuum without using too much power to run the vacuum pumps.
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The aerodynamic, mechanical, and rotor dynamic design and test of the compressor have by far
been the largest efforts, but from a practical point of view, the water lubricated bearings have been
a challenge. They have been in operation in test units since 2007 at Danish Technological Institute
(Denmark) and at Kobe Steel (Japan), and they performed excellently from a rotor dynamic

Figure 4 Compressor inlet and direct contact evaporator

perspective. There has been excessive losses from the thrust bearing, which has been redesigned,
but not yet implemented in order to meet the target of a total of 2-3 % mechanical losses compared
to the total power consumption. Otherwise, the bearings have met the nominal specifications.
Another issue is the water in the evaporator. Water is an excellent solvent, and it will always contain
some sort of impurities, salts, minerals, etc. As the water, which evaporates, is pure water vapor, the
concentration of these impurities will gradually increase. If the evaporator system is open, this might
not be a source of concern, but if one is operating with a closed evaporator system or a small
reservoir, this must be dealt with. In practice, it means that the water must be replaced from time to
time or additional water must be continuously circulated as is the case for traditional cooling tower
operation. On the other hand, this feature can be utilized in a positive way in industrial process
integration for the purpose of concentrating various substances, for example juice, chemicals, waste
water, etc.
As both the evaporator and the condenser operate at vacuum conditions, the inlet water flow is
controlled by valves, while the water must be removed by pumps. This is a well-known situation from
other refrigerant pumps, which have to pump a refrigerant close to the boiling point with the risk of
cavitation. Right now, the unit is equipped with ordinary low NPSH centrifugal pumps, but it might be
a field for future development. Staging could be a solution to increase the pump head if needed and
to avoid cavitation. It is the first stage, which in particular is subject to the risk of cavitation, and there
are many ways to avoid this, for example a light pre-pressure pump or an inducer.
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The compressor is driven directly by a newly developed high-speed induction motor, which is water
and air cooled.
The first field test unit has been well-equipped with many points of measurements, only a few of

Figure 5 The compressor and the integrated aearator and condenser

these will be fitted on the final product. The first test unit will be monitored for one year in order to
prove that the concept meets the expectations and to gain experience from real-life operation. The
gathered data will be used for evaluating running conditions and for the future development of the
compressor and chiller unit.
The performance data of the unit at the conditions close to the design values at the demonstration
site are listed in table 1. The customer wanted the plant process water to be separated from the
direct contact evaporator. Thus, an additional plate heat exchanger has been installed.
Table 1

Test data for water vapor unit at the design point for the demonstration site

Cooling capacity including lubricant cooling
Compressor shaft power
Power input to compressor plus vacuum system
Total power input to unit including water pumps etc.
Evaporator inlet (plate heat exchanger in)
Evaporator out, Te (plate heat exchanger out)
Condenser in
Condenser out, Tc
EER (power input to compressor plus vacuum system)

811.6
139.8
153.3
182.2
12 (20)
7.5 (9.2)
25.5
31.2
5.29

kW
kW
kW
kW
C
C
C

The vibration level of the compressor is very low, casing vibrations are less than 1.5 mm/s rms. Thus,
it is in the best category for this type of machinery. The compressor has been equipped with proximity
sensors close to the bearings in order to monitor shaft vibrations. The results correspond very well
to the design.
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5. SUMMARY
When considering new low-GWP alternatives, most of these become flammable to some degree and
will all require a risk assessment. One thing is the flammability, and another is the break down
products of the fluorinated alternatives. Here, the so-called natural refrigerants break down to more
innocent products like CO2 and water whereas the fluorinated compounds result in a variety of
products. This can be ventilated away from the machine room and into the atmosphere, which solves
the problem for the technician, but in the atmosphere the breakdown products can react with other
pollutants already there and form new toxic combinations. Hydrocarbons and ammonia for CO2 and
a bit of H2O, which can also be ventilated away and cause no problems in nature.
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ABSTRACT
An application of compressor oil with additives of the fullerenes С60 is promising way to increase the
energy efficiency of the compression refrigeration machine. The solutions of natural refrigerant
R600а with two types of mineral compressor oil (different by the viscosity) and fullerenes C60
additives were considered as the working fluids and have been examined. The experimental setup
with the small capacity compressor was used for experimental estimation of the cooling capacity,
power consumption and coefficient of performance at different flow rate of the working fluids. The
experimental data for the energy efficiency parameters of the system operating with different working
fluids is presented. The experimental data for the concentration of compressor oil and fullerenes C60
in refrigerant before throttle valve at the different flow rates of working fluid is reported. The
enhancement of the coefficient of performance is analyzed.
Keywords: compressor refrigeration system, working fluid, fullerenes, coefficient of performance

1. INTRODUCTION
The implementation of the nanorefrigerants (working fluids that contain the refrigerant, compressor
oil and nanoparticles) is one of the promising direction to enhancement the energy performance of
the vapor compression refrigeration systems (Zhelezny, 2014; Celen et al., 2014; Azmi et al., 2017;
Chen et al., 2015; Bi et al., 2008; Bi et al., 2011; Subramani et al., 2011; Jwo et al., 2009; Kumar et
al., 2012; Sabareesh et al., 2012; Lukianov et al., 2015; Xing et al., 2014; Jia et al., 2014).
Nowadays there are many experimental studies dedicated to investigation of the thermophysical
properties of prospective working fluids for the compression refrigeration systems (solutions of the
refrigerant in compressor oil) with additives of the nanoparticles (Celen et al., 2014; Azmi et al., 2017;
Zhelezny et al., 2017). The authors found a positive change in the thermophysical properties of the
refrigerant-oil solution (ROS) containing the nanoparticles in comparison with properties of the base
ROS: i.e. the increase of the thermal conductivity, saturated vapour pressure and decrease of the
surface tension. However, adding the nanoparticle additives to liquid leads to increase the viscosity
(Celen et al., 2014; Azmi et al., 2017; Zhelezny et al., 2017).The variation in the thermophysical
properties of the ROS caused by presence nanoparticles in compressor oil determines the variation
in the energy performance of the vapour compression refrigeration system. Moreover, adding the
nanoparticles into compressor oil also leads to alteration of the friction losses in compressor (Azmi
et al., 2017; Jia et al., 2014; Ku et al., 2010; Lee et al., 2009). It should be mentioned that the energy
performance of the vapour compression refrigeration system depends on a large number of factors.
Therefore, it is impossible to predict the change of the coefficient of performance of the system
operating with working fluid with nanoparticles even in case if data for the thermophysical properties
of the ROS containing the nanoparticles is availible.
To our knowledge, there are some papers dedicated to experimental investigation of the energy
performance for the compression refrigeration systems operating with working fluids containing
nanoparticles of the metal oxide (Chen et al., 2015; Bi et al., 2008; Biet al., 2011; Subramani et al.,
2011; Jwo et al., 2009; Kumar et al., 2012; Sabareesh et al., 2012; Lukianov et al., 2015).
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At the same time, only one paper dedicated to investigation of the influence of fullerenes С60 in the
working fluid on the energy performance of the domestic refrigerator (Xing et al., 2014) is published.
Authors reported the increase of the COP up to 5.3-5.6 % at using compressor oil containing the
0.003 g·cm -3 of fullerenes C60. In addition, (Jia et al., 2014) in paper dedicated to evaluation of the
energy performance of the refrigeration system with working fluid containing nanoparticles MoFe2O4NiFe2O4/fullerenes found the increasing of the COP of refrigeration system up to 5.33 % compared
to traditional working fluid. It should also be mentioned that using surfactant as additives to the
compressor oil is a disadvantage of the technology for preparation of the nano-oil. The presence of
surfactant in nano-oil may affect the thermophysical properties of the ROS, friction coefficient in
compressor and efficiency of the heat transfer at the ROS boiling in the evaporator.
Thus, addition of nanoparticles to the working fluids leads mainly to enhance in the energy
performance of the vapor compression refrigeration systems. However, the positive effects reported
in various studies are different. Sometimes, the effects were insignificant or may be compared with
experimental uncertainty. However, influence of the nanoparticles additives in compressor oils with
different viscosity on the energy performance of the compression refrigeration systems is still poorly
investigated.
Therefore, the aim of presented study can be formulated as the evaluation of the energy performance
for the refrigeration compressor system operating with working fluid that widespread in domestic
refrigerators i.e.- solution of refrigerant R600a (isobutane) in mineral compressor oil with fullerenes
C60 additives. The choice of the fullerenes C60 as the additives to the mineral compressor oil was
justified by following reasons: solution mineral oil-fullerenes C60 forms the colloidal stable system
without using of surfactants (Ku et al., 2010; Lee et al., 2009; Zhelezny et al., 2018); use of the
compressor mineral oil with fullerenes C 60 leads to decrease of the friction loses in compressor (Ku
et al., 2010; Lee et al., 2009); additives of the fullerenes C60 insignificantly change the base oil
viscosity especially in the high temperature range (Ku et al., 2010; Lee et al., 2009; Hwang et al.,
2007; Rashidi et al., 2013; Dombek et al., 2014) (contrary to additives of the nanoparticles of metal
oxides). In addition, the influence of the compressor oil viscosity on the COP of the compressor
refrigeration system has been experimentally investigated.

2. OBJECTS OF STUDY
The following materials have been used in the experiments: commercial mineral compressor oils
(information from supplier is presented in Table 1); nanoparticles-fullerenes C60 (purchased from
Sigma Aldrich, CAS# 99685-96-8, purity 0.999 kg·kg−1); isobutane-refrigerant R600a (CAS# 75-285) with purity 0.998 kg·kg−1.
-ROS1 – solution of the R600a in commercial mineral compressor oil with viscosity 8.0 mm·s-1at
40ºС;
- ROS2 – solution of the R600a in commercial mineral compressor oil with viscosity 19.5mm·s-1 at
40ºС;
- ROS2+С60 – ROS2 with additives of 0.0050 kg·kg-1 fullerenes C60 in oil with viscosity 19.5mm·s-1.
The colloidal stability in time of the prepared nanofluid is very important issue for further experiments.
Unlike the metal oxides nanoparticles, the fullerenes can exist in solutions both as the individual
molecules and as the clusters of molecules with size that determined by the fullerenes concentration,
temperature and physical nature of the liquid (Mchedlov-Petrossyan, 2013). The fullerenes solubility
in different liquids has been investigated in many studies, for example in (Ruoff et al., 1993). Since
molecules of the fullerenes are non-polar, they have high solubility in the non-polar liquids. In
addition, the solubility of fullerenes is better when the molecular weight of the base fluid is higher
(Ruoff et al., 1993). Thus, the mineral compressor oils are suitable liquids for application the
fullerenes as additives considering the nanofluids stability.
For preparation of the solutions of fullerenes in compressor oil, the sonication treatment of samples
for 2 hours was used. Ultrasonic bath Codison CD 4800 (frequency 42 kHz, power 0.07 kW) was
applied. A light absorbance method was applied to estimate the suspension stability in time. The
peak absorbance of fullerene in different solution depends on solvent nature and fullerene
concentration as was stated by Mchedlov-Petrossyan (2013). At the same time, Hwang et al. (2007)
show that the absorbance peak for the fullerenes in oil-based suspensions appears at wave length
397 nm. Therefore, the stability of nanoﬂuids has been estimated at the wave length 397 nm. For
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that purpose, the UV-vis spectrophotometer (Shimadzu UV-120-02, Japan) was applied. The
samples of oil were filled into the optical sells with optical path 1.1 mm.

Properties

Table 1. Physical-chemical properties of the mineral compressor oil
(information from the supplier)

Kinematic viscosity, mm 2·s−1

Oil for ROS1
8.0 at 40 ºC

Density at 20 ºC, kg·m -3
870 (own measurement)
Flash point in open crucible (more than), K
426.15
Solidification temperature (no more than), K
223.15
Metal corrodibility in compressor oil
Negative
Content of mechanical additives
Absent
Water content
Absent
Acid number(no more than), KOH for 1 g
0.02

Oil for ROS2
19.5 at 40ºС (own data)
16.0-19.0 at 50ºC
(information from supplier)
850-880
447.0
223.0
Negative
Absent
Absent
0.02

A collection of samples of oil containing the fullerenes C60with range of concentration 0.0013 - 0.0050
kg·kg-1 have been prepared to study of the colloidal stability. The required quantity of oil and
fullerenes were measured using electronic balance Model GR 300 with an instrument uncertainty of
0.5 mg. The image of samples of compressor oil is shown on Fig. 1. It was shown the solutions of
C60 in oil (viscosity 8.0 mm·s-1 at 40 ºС) were transparent at the concentration no more than 0.0020
kg·kg-1 at the temperature 20 ºС. But at the concentration higher than 0.0020 kg·kg-1 at the
temperature 20 ºС the solution oil/C60 was turbid probably due to formation of clusters of the C60 in
oil at the high concentration of fullerenes.
The values of the absorbance for samples of the mineral oil containing fullerenes C 60 have been
measured every 2-5 days for three months. For all oil samples the variation of the absorbance value
in time was not observed. So, we can conclude that solutions of the mineral oil with fullerenes
demonstrate good colloidal stability.

Figure1: The image of samples of oil (viscosity 8.0 mm·s-1 at 40ºС) at temperature 20 ºС: pure oil
(left), oil containing 0.0013 kg·kg-1 of fullerenes C 60 (center) and 0.0050 kg·kg-1of fullerenes C60 (right)

The required amount of the compressor oil containing the 0.0050 kg·kg-1of fullerenes C60 has been
prepared for charging the refrigeration compressor system. The required amount of the refrigerant
R600a was charged into refrigeration system after filling into compressor crankcase with oil and
evacuation of the system. The composition of the ROS2+C60 after charging the refrigeration
compressor system was following: compressor oil wOil=0.7053 kg·kg-1, refrigerant wR=0.2911 kg·kg1
, fullerenes C60wС60=0.0036 kg·kg-1.

3. EXPERIMENTAL SETUP
The series of experiment on measurement the cooling capacity and compressor power consumption
has been performed to evaluate the expediency of adding the fullerenes C 60 into working fluid of
compressor refrigeration system. For that purpose, the experimental setup has been created.
Schematic diagram of the experimental setup is presented in Fig. 2. The test parameters are
presented in Table 2.
The method of calorimeter with secondary refrigerant (according to ISO 917-89) has been used for
measuring of the cooling capacity for the compressor refrigeration system. The uncertainty of
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measurement of the compressor power consumption does not exceed 0.1 %.The cooper-constantan
thermocouples with uncertainty no more than 0.2 К have been used to measure the temperature of
refrigerant in the different points of refrigeration system and water for cooling of the condenser. For
pressure measurement the pressure transmitters WIKA have been installed in the different point of
refrigeration system. The pressure measurement uncertainty does not exceed 0.4 %.The flow rate
was measured using the calorimetric flow meter 5 (Zhelezny et al., 2014). The series of sampling of
the working fluid before the throttle device were performed to estimate the oil concentration in
working fluid.
Table 2. The test parameters

Working fluid mass Evaporation
Condensing
flow rate, g·s-1 temperature, К temperature, К
0.202 – 0.404
255.35±0.45 K 300.85±0.15 K

Superheating in the evaporator (relative to
saturation temperature of R600a) ΔT, К
3.0

Figure2: Schematic diagram of the experimental setup for the study of the energy performance of the
vapor compression refrigeration system: 1 − compressor SКN-150 manufacturer Atlant (volume of
cylinders – 10.08 cm3); 2 − condenser; 3 – heat exchanger of condenser; 4 – sight glass;
5 – calorimetric flow meter; 6 – filter-drier; 7 – throttle valve; 8 – calorimeter with secondary
refrigerant R134a; 9 – evaporator of calorimeter; 10 – heater; 11 – power supply; 12 – valve for
adjusting the working fluid boiling pressure in evaporator; 13 – charging vessel; 14 – vacuum pump;
15 –thermostat for adjusting the coolant temperature for condenser cooling; 16 – thermostat for
adjusting the coolant temperature for cooling the calorimetric flow meter; 17 – refrigeration machine.

The selected test parameters (see Table 2) were adjusted before performing the series of multiply
measurement for the estimation of the cooling capacity and compressor power consumption.
Following parameters have been examined: the working fluid flow rate, evaporation temperature,
condensing temperature, superheating temperature in the evaporator and calorimeter heater power.
The instruments reading (power consumption of calorimeter heater 8, thermocouples voltage and
readings of pressure transmitters, compressor power consumption) were recorded after obtaining
the stable test parameters of the setup.

4. EXPERIMENTAL RESULTS AND ANALYSIS
The experimental values of the cooling capacity and compressor power consumption at the various
working fluid mass flow rates are presented in Figs. 3 and 4.
The analysis of trends presented in Fig. 3 shows that decrease in the compressor power
consumption of the refrigeration system operating with ROS2 containing the fullerenes was
estimated in average as 5 %. However, significant variation of the compressor power consumption
using the compressor oil with different viscosity was observed. The increase of the compressor oil
viscosity from 8.0 to 19.5 mm·s-1 at 40°С leads to increase of the compressor power consumption
up to 9-18 %. Considering possibility to use thefullerenes as additives into the ROS it is interesting
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to examine the results of experiments reported by Ku et al., 2010. Ku et al. (2010) have shown that
decrease in the coefficient of friction losses and anti-wear characteristics due to adding fullerenes
into the oil was more significant for oil with low viscosity in comparison to oil with high viscosity.
Therefore, for the enhancing energy performance of the compressor refrigeration system the
“optimal” choice of the compressor oil is very important no less than the choice of the “optimal”
refrigerant.
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Figure 3: Dependence of the cooling capacity Q0 from mass flow rate G of the working fluid
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Figure 4: Dependence of the power consumption of compressor N from mass flow rate G of the
working fluid

The trends in Fig. 4 allow us to make some conclusions. Firstly, we did not find significant variation
of the cooling capacity at the operating of the compressor refrigeration system using ROS2+C60 in
comparison with ROS2. Secondly, using of the compressor oils with high viscosity at the low flow
rate of the working fluid (consequently, at high oil entrainment from compressor (Zhelezny et al.,
2014)) contributed to increase of the cooling capacity. Probably, it can be explained by increasing of
the compressor delivery rate. It was also shown that the influence of fullerenes in the ROS on the
performance of compressor refrigeration systems is decreased when the working fluid flow rate
increases.
The absence of effect of the fullerenes additives in the ROS on the cooling capacity of the
compressor refrigeration system can be explained by low concentration of fullerenes in the working
fluid and, correspondingly, insignificant effect of C60 on the thermophysical properties of the ROS.
The fullerenes C60 (as any nanoparticles in the ROS) entrainment from compressor with drops of
compressor oil. The results of sampling of the ROS before throttle valve at the different values of the
mass flow and specified operational parameters were used to determine the mass fractions of the
compressor oil and fullerenes in the ROS - see Fig. 5. This information was also used to determine
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the mass fraction of the compressor oil and fullerenes in different parts of the compressor
refrigeration system - see Fig. 6.
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Figure 5: Dependence of the
concentration of compressor oil wOil and
fullerenes C60wC60 in ROS before the
throttle valve from mass flow rate G of the
working fluid

Figure 6: Scheme of circulation of working fluid
R600а/compressor oil (viscosity 19.5mm·s-1at
40 ºC)/fullerenes C60 in compressor refrigeration
system at flow rate 0.252 g·s-1

As can be seen from Fig. 6 the fullerenes circulate in refrigeration compressor system together with
liquid phase of the working fluid. As part of the compressor oil drops, the fullerenes are passed from
the compressor to the condenser since some amount of the compressor oil always circulates in
refrigeration compressor system. Performed studies (Fig. 5) show that the concentrations of oil and
fullerenes in the working fluid (in the experimental setup with compressor SКN-150) are insignificant
and depended from the mass flow rate of the working fluid. It was shown that the concentration of
fullerenes in working fluid in the evaporator is low– 0.025·10-3g·g-1 in the ROS. Therefore, such small
concentration of fullerenes in the evaporator has no influence on the cooling capacity of the
compressor refrigeration system. On the contrary, presence of fullerenes in compressor at the
concentration 0.0036 g·g-1 in the ROS can lead to significant decreasing of the energy friction losses
in compressor.
The COP of the compressor refrigeration system has been calculated using experimental data on
the cooling capacity and compressor power consumption (Fig. 7).
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Figure 7: Dependence of the COP from mass flow rate G of the working fluid

As can be seen from Fig. 7 the coefficient of performance increases up to 4 % in all range of the flow
rate of working fluid for the compressor refrigeration system operating with ROS2 with additives of
0.0050kg·kg-1of fullerenes C60 in oil. It was shown that using the compressor oil with low viscosity
(ROS1) contributes to increase the COP of refrigeration system up to 5-7 % in comparison with more
viscous compressor oil (ROS2). Obtained results indicate that enhance of the energy performance
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of the compressor refrigeration system can be achieved by decreasing of the friction losses in
compressor.

5. CONCLUSIONS
In presented study we have shown that decrease in the compressor power consumption of the
refrigeration system operating with ROS containing fullerenes C60 in the concentration in oil 0.0050
kg·kg-1 was estimated in average up to 5 %.In addition, significant variation of the compressor power
consumption using compressor oil with different viscosity was observed. The increase of the
compressor oil viscosity from 8.0 to 19.5 mm·s-1 at 40°С leads to increase of the compressor power
consumption up to 9-18 %.
The variation of the cooling capacity for the compressor refrigeration system with ROS containing
fullerenes C60 in comparison with ROS without fullerenes did not observed. However, using
compressor oil with high viscosity at the low flow rateof the working fluid contribute to increase of
the cooling capacity compare with low viscous oil at the same parameters of refrigeration cycle.
The coefficient of performance of the compressor refrigeration system operating with working fluid
containing the fullerenes C 60 increases up to 4 % compared to traditional working fluid in flow rate
from 0.202 to 0.404 g·s-1. In addition, using the compressor oil with low viscosity contributes to
increase the COP of refrigeration system up to 5-7 % in comparison with high viscous oil.
The results of experimental investigation of the concentrations of compressor oil and fullerenes in
different parts of the compressor refrigeration system are reported. Obtained effects of the fullerenes
additives in working fluids on the cooling capacity and compressor power consumption can be
explained by low concentration of fullerenes in evaporator and relatively high concentration of
fullerenes in the compressor. It was concluded that “proper” choice of the compressor oil with
“optimal” viscosity and fullerenes C60 as additives will contribute to enhance the energy efficiency of
the compressor refrigeration systems.
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ABSTRACT
Adopting an economized vapor injection compressor can improve the heating capacity and energy
efficiency ratio of the heat pump system at low environment temperature. In this paper, a kind of
new vapor injection port structure located at the surface of slide valve was proposed based on the
single screw compressor, so the vapor injection technology also can be used under part load
condition and we proposed a new kind of single slide valve structure called compound slide valve to
adjust the capacity and internal volume ratio of compressor simultaneously. A new mathematical
method was presented to study the vapor injection process. The actual capacity and internal
volume ratio at different slide valve working locations can be determined. The pressure,
temperature and mass of the working medium in the control volume are calculated in this study. The
mathematical expression of the injection region envelope is also presented in this paper.
Keywords: Air source heat pump, Single screw compressor, Slide valve, Vapor injection, Geometric
characteristics.

1. INTRODUCTION
Air Source Heat Pump (ASHP) is a kind of energy saving space heating devices. It has two major
problems. One is the poor performance at low ambient temperature which has become a primary
limitation for further application of ASHP in cold regions (Bin et al., 2018). The other is the drastic
change of working conditions, especially the change of pressure ratio, caused by environmental
temperatures.	
   In order to solve the problem of poor performance at low environment temperature,
many solutions have been proposed such as cascade cycle, two-stage compression, control
defrosting, new alternative refrigerant, and adopting an economized vapor injection (EVI). Among
these measures, the vapor injection technology (Kang et al., 2018) is an effective method to
improve the performance of ASHP. Due to the advantages of simple structure, good stress balance,
small vibration, and long bearing life and low noise (Zimmern, 1972), the single screw compressor
(SSC) has been widely used in refrigeration and heat pumps industry. Because of the structure of
SSC, the application of vapor injection technology can be realized easily, while limited works can be
found. According to existing research, only Kamikawa et al. (2016) proposed a kind of circular
injection port structure, but no further research on the injection process.
For the problem of the drastic change of working conditions, it is widely believed that the internal
volume ratio of compressor should be controlled to meet the needs under different working
conditions. Obviously, both the heating capacity and internal volume ratio should be adjusted. The
single slide valve is a kind of mature structure and it has been commonly applied to control capacity.
In previous investigations, the single slide valve capacity control mechanism was firstly proposed by
Zimmern (1983). Wang et al. (2014) presented a mathematical calculation method to study the
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working principle of the single slide valve capacity control mechanism. In order to achieve capacity
and internal volume ratio regulation simultaneously, VILTER (2010) proposed a double slide valve
control mechanism. But the adjustment system also seems to have a complex structure.
In above works, there is still no effective method to adjust the capacity and internal volume ratio
simultaneously, except the double slide valve. And there is no research on ASHP based on SSC
with vapor injection. Therefore, the research attempts to optimize the parameters of injection port,
such as injection port position, injection port structure and injection port size and study the new slide
valve structure to adjust the capacity and internal volume ratio simultaneously.

2. GEOMETRIC ANALYSIS
2.1
The vapor injection structure and working principle of the slide valve
As shown in Fig. 1, the single screw compressor includes a screw rotor and two symmetrical gate
rotors. The injection port 1 shows the traditional vapor injection port structure designed on the shell.
For circular vapor injection port, the diameter of circular cannot greater than the width of the working
flank between two adjacent grooves. The vapor injection process through the circular channel which
is shown by location 1a can work normally, but the process through the circular channel which is
shown by location 1b will be unsuccessful. It is because that the pressure in groove 1 is bigger than
the pressure in groove 2 during the compression process. And then the gas will leak from groove 1
to groove 2. For small and medium sized SSC, the circular injection port may get less flow because
of the geometric constraint. The most critical question is that the vapor injection port is designed on
the shell, so the vapor injection process can work under a certain load only. The problems
mentioned above need to be solved.

Figure 1: The traditional injection port and capacity control slide valve in SSC

In Fig.1, the single slide valve structure is a traditional slide valve structure used for capacity control
and it contacts with the shell. It is shown that the volume of groove 2 has been closed by meshing
between screw rotor and gate rotor. By this time, the working fluid in the groove 2 can still go back
to the suction tube through the by-pass port, so the compression process has not started. When the
by-pass port is closed, the working fluid in the groove 1 begins to be compressed. If the slide valve
can move through a kind of driving device, then the capacity of SSC will be controlled. The structure
of internal volume ratio slide valve is shown in Fig. 2. It is used to change the discharge port location
by moving along with the axis of screw rotor, so the internal volume ratio of SSC can be controlled.
In order to adjust the capacity and internal volume ratio simultaneously, both the capacity and
internal volume ratio slide valve need to be installed at the same time. Fig. 3 shows the traditional
double slide valve system. They are installed parallel and can move by different driving device.
In order to adjust capacity and internal volume ratio using the single slide valve, we designed a kind
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of compound slide valve (CSV) structure as shown in Fig. 4 and Fig.5. The CSV contains slide block
1 and slide block 2. When the slide block 1 is bound together with slide block 2 through a
mechanical device such as spring as shown in Fig. 4, it can be used as internal volume ratio control
slide valve. In this case, slide block 1 and slide block 2 are treated as a whole and move axially by
driving device. When the CSV is used as capacity control slide valve, the slide block 2 and slide
block 1 are entirely separate as shown in Fig.5. By this time, only the slide block 1 moves axially,
while the slide block 2 has been limited to a certain location and the gas in the working chamber
such as groove 2 will go back to the low-pressure end through the opened by-pass port.

Figure 2:Internal volume ratio slide valve

Figure 4:CSV control under full load condition

Figure 3:Double slide valve system

Figure 5:CSV control under part load condition

2.2
Mathematical model
The working chamber is formed by the gate rotor teeth, the screw rotor groove and the shell during
the compression process of SSC. In order to facilitate the geometric analysis, the calculation model
of a groove of the screw rotor in Fig. 6 was established. The left groove profile is set as VL and the
right groove profile is set as VR. The slide valve structure and screw rotor are expanded in the plane
coordinate system. The point N which is on the groove profile is the start location where the
refrigerant in the working chamber begins to be compressed.
In Fig.6 (b), Δy is the axial distance between the slide block 1 and slide block 2 and dy is the axial
distance between the slide block 2 and point N. When the SSC runs under part load condition and
VL passes over the point 2, the by-pass port opens to control the capacity and then some
refrigerant gas in the compression chamber will go back to the suction tube. The back flow will stop
until VR passes over the point 1′, At this point, the by-pass port is closed. It is quite clear that the
discharge port area will change due to the movement of the slide valve. When VL passes over the
point 3, the discharge port will open until the discharge process is over. In order to get the effective
by-pass area and discharge area, the equation of profile VL, VR and the four boundary curves of
by-pass port should be set up. The calculation method of by-pass area changing with the screw
rotation angle can be referred to literature (Wang et al., 2014).
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(a) Full load

(b) Part load

Figure 6: New vapor injection structure and CSV control

2.3
Calculation model of slide valve with vapor injection
Fig. 6 shows that the vapor injection process is concerned with the position of injection port 2 which
is indicated by letter h. And the effective injection port area under different load condition is also an
important factor. The calculation method of injection port area is similar to the method of effective
by-pass port area，but there are still differences. The reasons are that the main flow direction of the
vapor injection is vertical with the effective injection port. So it is necessary to set up a new
plane-coordinate system based on the plane of the injection port projection.
The projection equation of VL:
Eq. (1)
b
fTVL ( x p1 (θ ), y p1 (θ )) :

y p1 (θ 2 ) = a tan θ 2 −

2 cos θ 2

x p1 (θ1 ) = R(1 − cos θ1 )

The projection equation of VR:
fTVL ( x p 2 (θ ), y p 2 (θ )) :

y p 2 (θ 2 ) = a tan θ 2 −

b
2cos θ 2

Eq. (2)

x p 2 (θ1 ) = R(1 − cos θ1 )

The x-axis is perpendicular to the y-axis, y-axis is the axial position of screw rotor transmission ratio
The effective injection port area AT(θ2) can be expressed by the following equations:
0,
AT (θ 2 ) = Af TVL (θ 2 ) − Af fTVR (θ 2 ),
0,

θ2 ≤ θ f

min

θ f < θ 2 < θb
min

max

Eq. (3)

θ 2 ≥ θb

max

Where, the effective area AfTVL(θ2) is bounded by the projection of VL and the injection port, the
effective area AfTVR(θ2) is bounded by the projection of VR and the injection port, the gate rotor
angle θfmin is the minimum value when the injection port and the projection VL cross, the θbmax is the
maximum value when the injection port and the projection VR cross.

3. THEORETICAL MODEL OF THE VAPOR INJECTION
3.1
Governing equation
In this paper, one screw groove was selected as the control volume which is shown in Fig. 7. Based
on the mass balance, the mass changes in the control volume can be expressed as:
dm
dm
dm
dm
= ∑ in +∑ s − ∑ out
dθ1
dθ1
dθ1
dθ1
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Figure 7: The control volume

The state parameters of the working fluid in the control volume can be obtained as follows:

	
   	
   	
   	
   	
   	
   	
   	
   	
  

(∂h / ∂T )v (∂p / ∂v)T ⎤ dv 1 ⎡ dmin
dm
1 ⎡ ∂h
dQ ⎤
( )T −
(hin − h) + ∑ s (hs − h) −
− ⎢ ∑
⎢
⎥
(∂p / ∂T )v
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dθ1 ⎥⎦
dp v ⎣ ∂v
⎦ dθ Vc ⎣ dθ1
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∂
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Eq.（5）

dm
dQ ⎤
∂p ⎤ dv 1 ⎡ dmin
⎡ 1 ∂h
− ⎢∑
( )T − ( )T ⎥
(hin − h) + ∑ s (hs − h) −
⎢
v
v
v
d
V
d
d
d
∂
∂
θ
θ
θ
θ1 ⎥⎦
dT ⎣
⎦ 1
c ⎣
1
1
=
∂p
1 ∂h
dθ1
( )v − ( )v
v ∂T
∂T

Eq.（6）

dv 1 dV V dm
=
−
dθ1 m dθ1 m 2 dθ1

Eq.（7）

The energy conservation law for the control volume can be written as follows:
d (mu )cv
dm
dm
dm
dQ dW
= ∑ in hin + ∑ s hs − ∑ out hout −
+
dθ1
dθ1
dθ1
dθ1
dθ1 dθ1

3.2

Eq.（8）

Calculation method of the vapor injection process

Figure 8: The flowchart of analysis procedure

Fig. 8 shows the flowchart of the analysis procedure. First of all, the geometry parameters of the
compressor and operating conditions which are shown in Table 1 should be taken as the initial
parameters. Then the governing Eq.(4)~ Eq.(8) can be solved to calculate the state parameters of
the working fluid. In order to research the vapor injection process under different vapor injection port
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area, the leakage through different leakage paths is negligible in this study. Based on the models,
the Runge-Kutta method was used to get the numerical solution of the equations. In Fig.8, a1 is the
vapor injection mass that flow into the compressor and a2 is the vapor mass that the EVI can
provide under the vapor injection pressure. When the value of a1 is equal to the value of a2, we can
obtain the required state parameters of the working fluid.
Table 1. The main designed geometric parameters

parameters
Screw diameter
Gate rotor diameter

Value (mm)
117
117

parameters
Width of the slide valve 2
Numbers of screw grooves

Value
20.0 (mm)
6

a
b
Length of the slide block 1
Length of the slide block 2
s1
s2
Length of the slide valve 2

35.1
17.15
36.5
28.0
11.33
45.84
151.0

Numbers of gate rotors
Rotation speed
Rated power
Theoretical flowing capacity
Mains frequency
Refrigerant
Lubricating oil

11
2850(rpm)
27(kW)
83.6(m3/h)
50(HZ)
R22
Suniso 4GSD

4. RESULTS AND DISCUSSIONS
4.1
Geometrical relationship
Fig.10 shows the internal volume ratio, pressure ratio and the load control ranges. The axial
location of the CSV is marked by the axial distance of the discharge control point 3 on the CSV in
Fig. 6. The distance between point 1′ and point 3 is 36.5mm. From Fig.10 (a), we can see that the
internal volume ratio and internal pressure ratio tend to increase with the axial distance of slide
block 1 increase. And the adjustable ranges of internal volume ratio is 1~8.2 in theory. As shown in
Fig.10 (b), the internal volume ratio and capacity adjustment ranges are 1.7~3.0 and 25%-100%
respectively. During this process, the internal volume ratio is increasing while the load reduces.
9
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Figure 10: Influence of CSV under full load and part load condition

Fig.11 (a) shows the effective injection port area of different injection port. It can be seen that the
vapor injection process of injection port 2 will be longer than other injection port. And the injection
port 2 has a higher internal volume ratio which is 1.82. Obviously, the vapor injection technology
can also be used under part load condition by moving the slide valve 1 and slide valve 2. The
effective areas of injection port 2 which are changing with the gate rotor rotation angle under
different load conditions are shown in Fig.11 (b). The vapor injection technology used in part load
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condition will improve the performance of ASHP at low environment temperature.
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Figure 11: Effective injection area changes with the gate rotor rotation angle

Thermodynamic performances of the vapor injection process
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Figure 12 Main state parameters in the control volume changes with screw rotor rotation angle

Based on the full load condition, the pressure, temperature and mass of the working medium are
calculated in this study. From Fig.12, we can see that the pressure will increase with the injection
port area increase. Comparing with no vapor injection process, the pressure in the control volume
based on the injection port 2 will reach discharge pressure value. The mass flow rate will increase
with the injection port area increase. It suggests that the injection port 2 will get more injection flow
in a short time and a longer vapor injection process under certain gas pressure. However, the
bigger effective injection area might not be good for vapor injection process. It is because that when
internal volume ratio is bigger or injection pressure is lower, the pressure in the compression
chamber will be higher than that in injection tube, then the gas in the working chamber will go back
to the injection tube. So a one-way check valve can be adopted to avoid back-flowing. The
discharge temperature based on the injection 2 is lower than other injection port. The results show
that vapor injection can decreases the discharge temperature effectively.

5. CONCLUSIONS
The initial angle of the by-pass port when it begins to open is only related to the initial position of
slide block 2. When the CSV is used as internal volume ratio control slide valve, the adjustable
ranges of internal volume ratio is 1~8.2 in theory. The discharge port initial position has no effect on
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the actual capacity of the SSC, but affects the change of the internal volume ratio and the discharge
process. The application of the CSV and the new slide valve for vapor injection is advantageous to
improve the performance of ASHP based on SSC.
The mass flow rate will increase with the injection port area increase and the discharge temperature
of compressor of the vapor injection process can be reduced availability. It is necessary to take
further intensive experimental study on the characteristics of the slide valve and vapor injection
performance. In general, it is expected that the new structure presented here will be very useful for
the investigators to study the ASHP.
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NOMENCLATURE

a
b
θ1
θ2
h
P
T
U

central distance between the gate rotor R
radius of the screw and gate rotor (rad)
and the screw rotor boundary (mm)
m
Mass (kg)
tooth width of gate rotor (mm)
Subscripts
the screw rotor angle (rad)
1
screw
the gate rotor angle (rad)
2
Gate rotor
specific enthalpy (J/kg)
cv
Control volume
Pressure (Pa)
in
Fluid enter the control volume
temperature (℃)
out Fluid leave the control volume
internal energy (J)
s
Vapor injection
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ABSTRACT
To optimize the metal foam heat exchangers under dehumidifying conditions, the heat transfer
coefficient (HTC) and pressure drop of wet air in metal foams with different structure and surface
wettability were obtained experimentally. The pore density of tested metal foams is 5-40 PPI, and
the porosity is 0.85-0.95. The wettability includes the hydrophobic, hydrophilic and uncoated surface,
with proceeding contact angles from 15.4° to 161.2°. The results show that, the HTC of wet air in
metal foams are enhanced by 4%-33% and 2-21% by hydrophobic and hydrophilic coating,
respectively; the pressure drops are obviously increased by hydrophobic coating and maximumly
decreased by 20% by hydrophilic coating; as PPI increases, the pressure drop in metal foams are
increased, while the HTC is firstly increased then decreased at most dehumidifying conditions; as
porosity increases, the HTC and pressure drop are both decreased. Considering the comprehensive
performance, 20PPI is the best metal foam pore density with best comprehensive performance, while
0.85 and 0.95 are the best porosity for hydrophobic and uncoated metal foams, respectively.
Keywords: Metal foam; Heat transfer; Pressure drop; Surface wettability; Dehumidifying

1.

INTRODUCTION

Metal foams have great potential in the heat transfer enhancement under dehumidifying conditions
due to its high thermal conductivity and large specific area (Boomsma et al., 2003; Zhao, 2012). In
the application of air conditioning systems, the heat exchanger always works at temperature under
dew point, and the water vapor in wet air would condense on the cold surface (Hu et al., 2017b). For
metal foam heat exchangers under dehumidifying conditions, the interconnection of metal fibers
makes the condensate more easily to accumulate in metal foams, resulting in the decrement of heat
transfer coefficient and increment of pressure drop (Costa et al., 2014; Mazzei et al., 2005). In order
to improve the performance of metal foam heat exchanger, the accumulated condensate should be
drained out of the metal foam rapidly.
The key factor for improving the drainage and heat transfer performance in metal foams is the
surface wettability of metal fibers (Hu et al., 2017a). The surface wettability determines the
condensate model and the adhesive force on the metal fiber surface, which can directly affect the
heat transfer and pressure drop characteristics of wet air in metal foams (Liu, 2011; Peng et al.,
2015). For the hydrophilic metal foams with large surface wettability, the hydrophilic surface
modification could improve the adhesive force of condensate on metal fibers and accelerate the
dehumidifying process of wet air (Liu and Jacobi, 2006; Wang et al., 2002), but the increased
adhesive force may reduce the drainage performance of metal foam. For the hydrophobic metal
foams with small surface wettability, the hydrophobic surface modification could change the
condensation model from film wise condensation to dropwise condensation, leading to smaller
thermal resistance and larger heat transfer coefficient (Del Col et al., 2017; Rainieri et al., 2009); but
the droplet size of condensate is large due to the small wettability (Ganesan et al., 2016), which may
block the flow path of wet air in metal foams and increase the pressure drop of wet air in metal foams.
In order to quantitative analyze the influence of surface wettability, the influence of surface wettability
on the heat transfer and pressure drop characteristics of wet air in metal foams should be known.
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For the heat transfer and pressure drop characteristic in metal foams, the existing research mainly
focuses on the dry air, and there are only two published papers on wet air in metal foams. The
research results on the heat transfer and pressure drop characteristics of dry air show that, both the
heat transfer coefficient and pressure drop increase with the increasing PPI (Hwang et al., 2002)
and the decreasing porosity (Dukhan, 2006); PPI has a more significant effect on the heat transfer
than porosity (Zhao et al., 2004); the optimal porosity based on the balance between pressure drop
and heat transfer varies from 0.85 to 0.95 (Zhao et al., 2004). The research results on wet air in
metal-foam heat exchangers show that, the heat transfer capacity of copper-foam heat exchanger
is enhanced by 56%-196% compared to that of the fin-and-tube heat exchanger (Hu et al., 2016);
the heat transfer coefficient under wet condition is slightly higher than that under dry condition (Han
et al., 2012). The latent heat transfer and condensate retention make the heat transfer and pressure
drop characteristics of wet air in metal foam under dehumidifying conditions much different from that
of dry air. Therefore, the existing research results on the dry air cannot be extended to the
dehumidifying conditions.
The purpose of the present study is to experimentally investigate the heat transfer and pressure drop
characteristics of wet air in metal foams with different wettability under dehumidifying conditions, and
to analyze the influence of structure and surface wettability on the performance of metal foams.

DESIGN OF EXPERIMENT

2.
2.1. Experimental rig

The experimental apparatus for investigating the heat transfer and pressure drop characteristic of
wet air in metal foams with various wettability is shown in Fig. 1. The experimental apparatus consists
of wet air side system, cooling water system and data acquisition system. More detail of the
experimental apparatus was introduced in the literature (Hu et al., 2016).
The metal foam test sample is composed of copper plate and copper foam. The copper foam and
copper plate are welded together by a copper-based amorphous solder at 700oC in a vacuum
furnace to reduce the thermal contact resistance. The thermal contact resistance caused by brazing
bonding can be neglected, which only accounts for lower than 1% of the total thermal resistance of
test sample. In the present study, the PPI (pore number per inch) of tested metal foams is 5-40PPI,
and the porosities of tested metal foams are 85%, 90% and 95%, as shown in Fig.2.
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Figure 1: Schematic diagram of experimental rig

Figure 2: Metal foams in the experiment

2.2. Fabrication of hydrophobic and hydrophilic coating
The hydrophilic coating on metal surface was fabricated by the following procedures. Firstly, the
copper surface was washed in an ultrasonic cleaner by hydrochloric acid, alcohol and acetone
respectively. Secondly, the cleaned copper surface was immersed in an aqueous solution of sodium
hydroxide (NaOH) with concentrations of 2.5 mol·L−1 and ammonium persulphate ((NH4)2S2O8) with
concentrations of 0.1 mol·L−1 at room temperature for 30 min. Finally, the copper surface is wash by
deionized water and dried in nitrogen flow. Then the hydrophilic CuO/Cu(OH)2 micro/nanostructures
would be formed on copper surface.
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The hydrophobic coating on metal surface was fabricated by the following procedures. Firstly, the
fabrication of CuO/Cu(OH)2 micro/nanostructures are conducted on copper surface. Then, the
surface with CuO/Cu(OH)2 micro/nanostructures was removed from the solution, washed by
deionized water, and then immersed in a 1%wt 1-dodecanethiol/alcohol solution for 15 min. Finally,
the surface was removed from the solution, washed by alcohol for 3 min and heated in a vacuum
oven at 100 °C for 1 hour.
The metal foams with different wettability (hydrophilic, uncoated and hydrophobic) are shown in Fig.
3. The SEM photos of the coated surfaces are taken to reveal the micro-structures of the hydrophilic
and hydrophobic surface, as shown in Fig. 4 (FESEM, Sirion200, FEI Company, USA). The FTIR
spectra of hydrophilic and hydrophobic coated surface is used to ensure the formation of coating
monolayer because the characteristic bands in FTIR spectra correspond to the vibrations of bonds,
as shown in Fig. 5 (Nicolet iN10 MX, Thermo Scientific, USA). The contact angles of metal surface
with different surface wettability are measured by optical contact angle measuring device (KINO
Industry Co., Ltd., USA). The proceeding and receding contact angles are shown in Table 1.
Table 1. Contact angles of different samples
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contact
angle
(θR)
7.3
62.1

Contact
angle
hysteresis
(θH)
8.1
27.1

163.9

149.1

14.8

Tested
sample

Proceeding
contact
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80

80
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Figure 4: SEM photos of different wettability

3.
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Figure 3: Metal foams with different wettability
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Figure 5: FTIR spectra of different wettability

DATA REDUCTION AND UNCERTAINTIES

3.1. Data reduction
The heat transfer coefficient ha for the wet conditions is calculated by the logarithmic mean enthalpy
difference (LMED) method is used, as shown in Eqs. (1)-(6):
1
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Eq. (2)
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mdehumid  ma ,dry  din  dout 

Eq. (6)

where, HA is the heat transfer coefficient based upon the enthalpy difference, kg·s ; ΔiLM is the
logarithmic mean enthalpy difference, kJ·kg-1; F is the flow configuration factor (Incropera, 1985); ia,
in, ia, out, iw, in and iw, out are the enthalpy of wet air and water at the inlet and outlet of the test section,
kJ·kg-1; hw is the water side heat transfer coefficien, W·m-2K
· -1; k is the thermal conductivity of copper
-1
-1
plate, W·m K
· ; δ is the thickness of copper plate, m; Aw is the heat transfer area of water side, Aa
is heat transfer area of air side and is equal to the base area of copper plate, m 2; b is the slope of
saturated enthalpy line evaluated at average water side copper plate temperature, (Zhao et al., 2004);
ha is the global heat transfer coefficient on air side, which is calculated based on the heat transfer
area on copper plate (Mancin et al., 2012).
The Colburn j factor and friction factor f are calculated by Eqs. (7)-(8):
-1

j

Nua
Rea  Pra1/3

Eq. (7)

2pD
Eq. (8)
u2 L
where Nu, Re and Pr are the Nusselt number, Reynolds number and Prandtl number, respectively;
u is the wet air velocity, m·s-1; ρ is the density of wet air, kg·m-3; ∆p is the pressure drop of wet air
flow, Pa; D is the hydraulic diameter of the flow passage; L is the effective length of metal foam test
sample, m.
f 

3.2. Uncertainties
The experimental uncertainties are estimated with the analysis method of error propagation. The
maximum uncertainty of heat transfer coefficient, Colburn j factor and friction factor f are ±13.5%,
±14.0% and ±4.8%, respectively. The maximum uncertainty of comprehensive performance index
j·f-1/3 is ±15.6%.

4.

EXPERIMENTAL RESULTS AND ANALYSIS

4.1. Effect of pore density on heat transfer and pressure drop characteristics
The heat transfer and pressure drop characteristics of wet air in metal foams with various pore
density was shown in Fig. 6.
Fig. 6(a) shows the influence of PPI on heat transfer coefficient of wet air in metal foam is different
at various relative humidity. At low relative humidity (30% and 50%), the heat transfer coefficient of
wet air always increases as PPI increases; while at high relative humidity (70% and 90%), the heat
transfer coefficient of wet air initially increases then decreases as PPI increases, presenting a
maximum increment of 16%~21% for 20PPI metal foam. The reason for this phenomenon is
explained with the different heat transfer area of metal foams. At low relative humidity (30%, 50%),
the heat transfer area always increases as PPI increases, leading to the increment of heat transfer
coefficient; while at high humidity (70%, 90%), with the accumulated condensate water in metal foam
occupying heat transfer area, the heat transfer area initially increases then decreases as PPI
increases from 5 to 40, resulting in the maximum heat transfer coefficient of 20PPI metal foam. The
influence of PPI on heat transfer coefficient shows similar tendency at various inlet air temperatures,
air velocities, and cooling water temperatures.
Fig. 6(b) shows the influence of PPI on pressure drop of wet air flow in metal foam under various
experimental conditions. As PPI increases, the pressure drop always increases, and the maximum
increments are within 272%-486% under various conditions. The reason for the increment of
pressure drop is explained as follow. Firstly, as PPI increased, the length and diameter of metal fiber
is decreased, and the pore size is decreased, resulting in the increase of flow disturbance and
resistance. Secondly, with the increase of PPI, the heat transfer area of metal foam is increased and
the cell volume of metal foams is decreased, which leads to more accumulated water condense and
adhere to the fiber surface, blocking the flow path and resulting in the increment of pressure drop.
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Figure 6: Effect of pore density on the heat transfer and pressure drop in metal foam

4.2. Effect of porosity on of heat transfer and pressure drop characteristics
Fig. 7 shows the evariation of heat transfer and pressure drop characteristics of wet air in metal
foams with virous porosity.
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Figure 7: Effect of porosity on the heat transfer and pressure drop in metal foam
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As porosity increases from 85% to 95%, the heat transfer coefficient of wet air is decreased by 22%32%; with the increment of porosity from 85% to 95%, the heat transfer coefficient of wet air is
reduced by 22%, 24%, 25% and 30% at relative humidity of 30%, 50%, 70% and 90%, respectively.
The reason for this phenomenon is that the larger fiber diameter and larger specific surface area of
metal foam with porosity of 85% leads to better thermal conduction and larger latent heat transfer
with more condensate water.
The influence of porosity on the pressure drop of wet air is more obvious at high relative humidity
and high air velocity conditions due to the larger condensate water quantity in metal foam; as porosity
increases from 85% to 95%, the pressure drop of wet air flow in metal foam decreases by 32%-47%.
The reason for this phenomenon is that, as porosity decreases, the fiber diameter is increased, the
air volume in metal foam is smaller. The larger cross section area of metal fibers could cause more
flow obstruction, which contributes to the larger pressure drop. The increase of copper volume and
heat transfer area also enhanced the heat transfer in metal foam, resulting in more condensate and
larger pressure drop.
4.3. Effect of surface wettability on heat transfer and pressure drop characteristics
The effect of surface wettability on the heat transfer and pressure drop characteristics of wet air in
metal foam is shown in Fig. 8.
700

650









700





650
600

hydrophobic:
uncoated:
hydrophilic:

700













600
500

350

-1

450

-1

450

-2

400

-2

400

400

350

300

300

250

250
o

150

o

Tair=35 C Twater=6 C Vair=1ms

200
30%

50%

70%

h (Wm K )

500

h (Wm K )

550

500
-1

550

450

-1

200
150
26

90%

hydrophobic:
uncoated:
hydrophilic:

650

550

-2

h (Wm K )

600

hydrophobic:
uncoated:
hydrophilic:













350
300

o

RH=70% Twater=6 C Vair=1ms
28

30

32

250

-1

o

34

150

36

0.50

0.75

o

1.00
-1

Tair ( C)

RH

o

Tair=35 C RH=70% Twater=6 C

200

Vair (ms )

(a) Heat transfer
hydrophobic:
uncoated:
hydrophilic:









2000













hydrophobic:
uncoated:
hydrophilic:





1500

1500

1000

o

o

Tair=35 C Twater=6 C Vair=1ms
0

1000

500

500

30%

50%

70%
RH





o





o

Tair=35 C RH=70% Twater=6 C

o

0
26

1000

500
RH=70% Twater=6 C Vair=1ms

-1

90%





-1

-1

-1

P (Pam )

1500

P (Pam )

2000
hydrophobic:
uncoated:
hydrophilic:

P (Pam )

2000

28

30

32

-1

34

36

0

0.50

o

Tair ( C)

0.75

1.00
-1

Vair (ms )

(b) Pressure drop
Figure 8: Effect of wettability on the heat transfer and pressure drop in metal foam

Compared with uncoated metal foam, the heat transfer coefficient in hydrophilic metal foams is larger,
while the heat transfer coefficient in hydrophobic metal foams is larger at most experimental
conditions expect for the porosity of 85% and relative humidity of 70%-90%; as relative humidity
increases from 30% to 90%, the heat transfer coefficient in metal foams with different wettability are
increased by 88%-153%. The heat transfer coefficient in hydrophilic metal foam is larger than that
in hydrophobic one at porosity of 85%, while it is smaller than that in hydrophobic metal foam at
porosity of 90%-95%.
The pressure drop of wet air in hydrophobic metal foams is larger than that in uncoated metal foams,
while the pressure drop in hydrophilic metal foams is smaller than that in uncoated metal foams; as
relative humidity increases from 30% to 90%, the pressure drop in hydrophilic and uncoated metal
foams is increased by 27%-59%, but the pressure drop in hydrophobic metal foams is increased by
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165%-258%. The reason for the more obvious increment of pressure drop in hydrophobic metal
foams is that, the larger contact angle of hydrophobic surface leads to the larger condensate droplet
size during the dropwise condensation, and the large droplets stay in metal foam and blocks the wet
air flow path, resulting in the large increment of pressure drop.
4.4. Comparison of comprehensive performance of metal foams with different wettability
The comprehensive performance index (j·f -1/3) of metal foams with different wettability are shown in
Fig. 9. As porosity increases, j·f -1/3 of uncoated and hydrophilic metal foams are decreased, while j·f
-1/3
of hydrophobic metal foams are increased. The j·f -1/3 of hydrophilic metal foams are larger than
those of hydrophobic metal foams. The j·f -1/3 of hydrophobic metal foams is larger than that of
uncoated metal foam at most experimental conditions except for the porosity of 95% and small
condensate quantity conditions.
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Figure 9: Comprehensive performance index (j·f-1/3) of metal foams with different wettability

5.

CONCLUSIONS

(1) As PPI increases from 5 to 40, at low relative humidity, the heat transfer coefficient always
increases; while at high relative humidity, the heat transfer coefficient initially increases then
decreases, presenting a maximum increment of 12%-21% for 20PPI metal foam;
(2) As porosity increases from 85% to 95%, the heat transfer coefficient decreases by 22-32%, and
the pressure drop decreases by 32%-47%;
(3) The heat transfer coefficient in hydrophobic and hydrophilic metal foams are larger by 4%-33%
and 3-21% than that in uncoated metal foams, respectively;
(4) The pressure drop in hydrophobic metal foams is larger by 3%-139% than that in uncoated metal
foams, while the pressure drop in hydrophilic metal foams is smaller by 1%-20% than that in
uncoated metal foams;
(5) The comprehensive performance of hydrophilic metal foam under dehumidifying condition is
better than that of hydrophobic and uncoated metal foams.
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NOMENCLATURE
A
b
Cp
D

Area (m2)
Slope of saturated ehthalpy line (kJ·kg-1K
· -1)
Specific heat at constant pressure (kJ·kg-1K
· -1)
Hydraulic diameter (m)

T
ΔT
u
L

Temperature (K)
Temperature difference (K)
Velocity (ms-1)
Length (m)
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f
h
HA
i
j
k

Friction factor, non-dimensional
m
-2 -1
Nu
Heat transfer coefficient (Wm K )
Heat transfer coefficient based upon enthalpy PPI
difference (kg·s-1)
Enthalpy (kJ·kg-1)
Pr
Colburn j factor, non-dimensional
∆p
-1
Q
Thermal conductivity (WmK )

Mass transfer rate (kgs-1)
Nusselt number, non-dimensional
Number of pores per inch
Prandtl number, non-dimensional
Pressure drop (Pa)
Heat transfer rate (W)
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ABSTRACT
The expansion state of the primary flow in a two-phase ejector plays an important role in the pressure
distribution and phase change position in the primary nozzle. A two-phase CO2 visualization ejector
was designed to investigate the expansion state of the primary flow under various operating
conditions and nozzle diverging angles. The results showed that the pressure drop scope in the
primary nozzle increased as the secondary flow pressure decreased, and the secondary flow
pressure had an insignificant effect on the phase change position in the primary nozzle. With
increasing the nozzle diverging angle, the expansion of the primary flow was strengthened resulting
in a larger pressure drop in the primary nozzle, and the primary flow shifted from the under-expanded
state to the over-expanded state. The study was significant to understand the working mechanism
of a two-phase CO2 ejector and provide a reference for the ejector optimum design.
Keywords: CO2, Two-phase ejector, Visualization measurement, Expansion.

1. INTRODUCTION
CO2 is one of the promising environmentally friendly refrigerant (GWP is 1, ODP is 0), which has
attracted increasing attention (Bansal, 2012). Due to its low critical temperature, CO2 refrigeration
cycle is inevitably working at transcritical operation state and owning a large throttling loss. In order
to improve the coefficient of performance (COP) of a CO2 refrigeration system, ejector was proposed
as an effective method to recover expansion loss (Elbel, 2016). Deng et al. (2007) presented a
thermodynamic analysis on a transcritical CO2 ejector expansion refrigeration cycle (EERC) and
showed that the maximum COP was 22.0% better than that of the vapor compression refrigeration
cycle, and the cooling capacity could be improved by 11.5%. Ahammed et al. (2014) implemented a
numerical simulation on the CO2 EERC, and their results revealed that the COP enhanced by 21%.
The experimental investigation of Elbel and Hrnjak (2008) indicated that the COP of the EERC could
be improved by 7%, and the cooling capacity could be enhanced by 8% compared to the
conventional CO2 system. Lucas and Koehler (2012) conducted an experimental comparison
between the standard CO2 expansion valve refrigeration cycle and the ejector refrigeration cycle.
Their results claimed that the ejector could improve the COP by 17%.
Geometrical parameters of the ejector play a major role in its performances. Elbel (2011) studied the
effect of diffuser angles and mixing section lengths on the CO2 two-phase ejector performances
experimentally. It was found that the smaller diffuser angle and shorter mixing section length
generally yielded higher ejector efficiency, entrainment ratio and pressure lift ratio, and the optimum
diffuser angle was 5o. Nakagawa et al. (2010) experimentally analyzed the CO2 two-phase ejector
performances for different mixing cross-sectional areas using a rectangular ejector. Their results
indicated that smaller mixing cross-sectional area produced higher ejector efficiency due to its higher
pressure recovery and entrainment ratio. Nakagawa et al. (2011) also carried out an experiment to
determine the effect of mixing length on the performance of the CO2 two-phase ejector. The results
showed that the ejector with the shortest mixing section, 5 mm, yielded the smallest pressure
recovery and COP. The middle mixing length of 15 mm provided the highest pressure recovery,
entrainment ratio and COP. Palacz et al. (2016) ran a CFD simulation to optimize the mixer length,
the mixer diameter and the premixing chamber length of a CO2 two-phase ejector using the genetic
algorithm and the evolutionary algorithm. The results indicated that the mixer diameter had the most
crucial influence on the ejector efficiency. Subsequently, Palacz et al. (2017) selected six parameters
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containing geometric parameters of ejector mixing section and nozzle for the optimization procedure,
and the optimization results showed that the ejector efficiency enhanced by 6%.
Although the ejector owns a simple structure, the flow inside the ejector is complex, such as
supersonic, shock wave, turbulent mixing and phase change (Chen et al., 2015). With the
development of optical technology, visualization methods are available to capture the flow field inside
the ejector. Bouhanguel et al. (2011) experimentally observed the shock structure, mixing process,
turbulent structures and flow instability in a supersonic air ejector with laser tomography techniques.
Rao and Jagadeesh (2014) employed the time resolved schlieren and laser scattering visualization
technique to explore the mixing process of a supersonic air ejector, and their visualization images
showed that the non-mixed length was 4.5 to 5.2 times the height of the mixing duct. Little and
Garimella (2016) visualized the condensation phenomena in a two-phase R134a ejector using the
shadowgraph method. Zhu et al. (2016) used the direct photography method to investigate the
primary flow expansion angles in the pre-mixing chamber and the mixing phenomenon in the mixing
chamber of a transcritical CO2 ejector for various operating conditions. Li et al. (2018) utilized the
direct photography method to study the phase change phenomena inside the primary nozzle of a
transcritical CO2 ejector under various primary flow operating conditions. The visualization images
found that the phase change could start after or before the throat based on the operating conditions.
In addition, the phase change position moved upwards when the primary flow inlet pressure and
temperature decreased simultaneously.
The primary nozzle is the very crucial component of an ejector, where the primary flow passes
through and a rapid expansion occurs. For the transcritical CO2 two-phase ejector, the investigation
on the effect of primary nozzle structures on the expansion state of the primary flow is rare. This
present work is intended to assess the effect of the primary nozzle divergent angle and operating
conditions on the primary flow expansion state and phase change. In the present study, the direct
photography method was used to visualize the flow field inside the CO2 ejector, and the primary
nozzle axial pressure distribution was also measured simultaneously.

2. EXPERIMENTAL SETUP
2.1.

Experimental system

The experiment was carried out in a transcritical CO2 ejector expansion system, as illustrated in Fig.
1. The system mainly contains a compressor, a gas cooler, an ejector, an evaporator, an expansion
valve and a gas-liquid separator. The working process can be roughly described as follows: the CO2
vapor from the separator is sucked into a compressor and compressed to the supercritical state. The
supercritical CO2 is cooled by the gas cooler and then enters the primary nozzle of the ejector. The
liquid CO2 from the separator is evaporated after being throttled by an expansion valve, and then the
low-pressure superheated CO2 vapor is entrained into the ejector and mixed with the primary flow.
The mixed flow from the ejector outlet is discharged to the gas-liquid separator with a recovered
intermediate pressure.

Figure 1: Schematic diagram of the transcritical CO2 ejector expansion system
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The compressor Dorin CD-300H was a prototype semi-hermetic reciprocating type compressor, and
an inverter was used to change the compressor frequency. The gas cooler and the evaporator were
counter-flow heat exchangers, which were composed of copper and wound into spiral coils. In the
heat exchangers, the refrigerant flowed through the inner tubes, and the water flowed through the
annulus inversely. The volume of the cylinder separator was 7.4 dm3. The detailed structure
parameters of the experiment components were contained in the reference (Li et al., 2018) and were
omitted here.
2.2.

Visualization ejector

The visualization ejector was designed with a rectangular cross-section to provide a clear and
undistorted optical window, as shown in Fig. 2. It was formed by the stainless steel plate A and B,
the transparent PC (polycarbonate) plate A and B, the transparent PET (polyethylene terephthalate)
plate A and B with a thickness of 0.5 mm as well as the ejector stainless steel plate. During the test,
it was important to keep the surfaces of the transparent material bright and clean. Moreover, all
plates should be polished to ensure a good seal when assembled and pressurized. The primary flow
inlet, the secondary flow inlet and the outlet were located at the stainless steel plate B, and there
were four pressure measurement tubes on the stainless steel plate A to measure the pressure of the
primary flow. The stainless steel plate was the core component, which consisted of the primary
nozzle, pre-mixing chamber, mixing chamber and diffuser, as illustrated in Fig. 3. Its geometric
parameters were marked in Fig. 3 and listed in Table 1. In the experiment, keeping the length of
converging section of nozzle invariable and altering the nozzle diverging angle, three ejector
stainless steel plates with various nozzle diverging angles were manufactured, and the three nozzle
diverging angles were given in Table 1.

Figure 2: Schematic diagram of the visualization ejector

Figure 3: Schematic diagram of the ejector stainless steel plate
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Table 1. Main geometric parameters of the ejector stainless steel plate

Parameter
Width of mixing chamber
Thickness of ejector stainless steel plate
Length of nozzle converging section
Width of nozzle inlet
Width of nozzle throat
Nozzle diverging angle f
Length of nozzle diverging section
2.3.

Value
2.82 mm
0.78 mm
17.85 mm
8.00 mm
0.49 mm
2.0°, 3.0°, 4.0°
11.50 mm

Schematic diagram of nozzle

Pressure measurement method and visualization method

Four pressure measurement points were cut on the ejector stainless steel plate by the laser, as
presented in Fig. 4. The pressure measurement points were connected to the nozzle by four spindly
channels with a width of 0.4 mm. The measurement point A was located at the converging section
of the nozzle, and the axial distance from the throat was 5.75 mm. The measurement point B was
used to obtain the throat pressure. The measurement point C was situated in the diverging section
of nozzle, and the axial distance from the throat was 5.75 mm. The measurement point D was set to
gain the nozzle exit pressure.
The direct photography method was utilized to visualize the two-phase flow in a transcritical CO2
ejector. The visualization test platform was mainly formed by a high-speed camera, a visualization
ejector and a light source, as depicted in Fig. 5. The camera was used to capture images with a
constant frame rate of 1000 frames per second and connected to a computer with an Ethernet cable.
A LED lamp was used to provide a light source for the camera with constant lightness.

Figure 4: Position of pressure
measurement points

Figure 5: Photography of the visualization
test platform

3. RESULTS AND DISCUSSION
During the test, the primary flow pressure Pp was maintained at 9.50 MPa, and the primary flow
temperature Tp was kept as stable as possible. The secondary flow pressure Ps was varied by
adjusting the opening of the expansion valve. In the experiment, the primary nozzle axial pressure
distribution and visualization images under various secondary flow pressure and nozzle diverging
angles were obtained. The results were discussed as follows.
3.1.

Expansion state of primary flow

The nozzle axial pressure distribution of different nozzle diverging angles was shown in Fig. 6~8.
The results showed that the pressure of the nozzle diverging section decreased with the decrease
of the secondary flow pressure correspondingly, and the nozzle throat pressure remained almost
unchanged. As a result, the pressure difference of the nozzle diverging section increased gradually
with decreasing the secondary flow pressure. The reason was that the expansion degree of the
primary flow increased as the nozzle exit back pressure decreased, which resulted in the increase
of the pressure drop in the nozzle diverging section.
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As shown in Fig. 6, the nozzle pressure continued decreasing along the nozzle axis when the nozzle
diverging angles was 2.0°, indicating that the primary flow was under-expanded. When the nozzle
diverging angles was 4.0°, it was apparent from the Fig. 8 that the nozzle exit pressure was higher
than the pressure of measuring point C, which was the emblem of the shock wave, meaning that the
primary flow was over-expended. When the nozzle diverging angle was 3.0°, it could be seen that
the pressure of measuring point C was slightly greater than the nozzle exit pressure when the
secondary flow pressure was higher than 3.90 MPa. Inversely, when the secondary flow pressure
was lower than 3.90 MPa, the nozzle exit pressure was slightly greater than the pressure of
measuring point C. Consequently, the results disclosed that the expansion state of the primary flow
was transformed from under-expanded state to over-expanded state with the decrease of the
secondary flow pressure in the angle.
The nozzle axial pressure distribution at different nozzle diverging angles was compared in Fig. 9. It
could be noted that the effect of the nozzle diverging angle on the nozzle pressure distribution was
more significant. The result revealed that the pressure drop gradient of the nozzle diverging section
increased notably as the nozzle diverging angles increased, and the expansion state of the primary
flow changed from the under-expanded state to the over-expanded state.

Figure 6: Nozzle axial pressure distribution
when nozzle diverging angle f was 2.0°

Figure 7: Nozzle axial pressure distribution
when nozzle diverging angle f was 3.0°

Figure 8: Nozzle axial pressure distribution
when nozzle diverging angle f was 4.0°

Figure 9: Nozzle axial pressure distribution
under different nozzle diverging angles

3.2.

Phase change

When the supercritical CO2 flowed through a converging-diverging nozzle, the CO2 was expanded
rapidly to two-phase region, causing the phase change occurred in the nozzle. In order to explore
the effect of the expansion state of the primary flow on the phase change, visualization images of
different nozzle diverging angles were obtained, as illustrated in Fig. 10~12. Owing to the
visualization principle, the dark region in the images refers to the two-phase flow, and the light region
is the single-phase region. As a result, the interface of the dark region and light region refers to the
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phase change position. It was noticed that the effect of secondary flow pressure on phase change
was weak in all nozzle diverging angles, as shown by dotted line P. That was, the phase change
position varied slimly with decreasing the secondary flow pressure. It was ascribed to the fact that
the nozzle throat pressure remained almost unchanged as the secondary flow pressure decreased,
as presented in Fig. 6~8. The comparison of images under different nozzle diverging angles was
presented in Fig. 13. The results revealed that no significant difference of the phase change position
was found in the three angles, as shown by dotted line M. This result may be explained by the fact
that the pressure of the nozzle throat was almost same under the three angles, and the flashing was
induced near the throat of the converging-diverging nozzles.

Figure 10: Visualization images when nozzle
diverging angle f was 2.0°

Figure 11: Visualization images when nozzle
diverging angle f was 3.0°

Figure 12: Visualization images when nozzle
diverging angle f was 4.0°

Figure 13: Comparison of images under
different nozzle diverging angles

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1059

4. CONCLUSIONS
The influence of the secondary flow pressure and nozzle diverging angles on the expansion state
and phase change of the primary flow was explored using visualization measurement method. The
results showed that the pressure drop in the nozzle diverging section increased as the secondary
flow pressure decreased. In addition, when the nozzle diverging angle was 3.0°, the expansion state
of the primary flow shifted from under-expanded state to over-expanded state as the secondary flow
pressure decreased. The expansion state of primary flow was more sensitive to the nozzle diverging
angles, and the primary flow was transformed from the under-expanded state to over-expanded state
with increasing the nozzle diverging angle. The visualization images revealed that the effect of
secondary flow pressure and the tested nozzle diverging angles on the phase change position was
small and could be neglected. The findings provided an important opportunity to advance the
understanding of the expansion characteristic of the primary flow in a transcritical CO2 two-phase
ejector.
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ABSTRACT
The electricity consumption of a supermarket refrigerating plant situated in the south of France has
been measured during 8 months. A cool thermal energy storage (CTES) and a CO2 subcooler were
added to the full CO2 refrigerating plant. The plant is described, as well as the
charge/discharge/subcooling schedule strategy. The objectives of the work were to quantify the
energy saving obtained thanks to the CTES and the subcooling. We obtained 23 kWh electricity
saving and 2 k€ financial saving, which represents 6% of the annual electricity bill dedicated to
medium temperature refrigeration production. The strategy depends on a lot of parameters
(supermarket opening hours, outside temperature, electricity tariffs), and the tests showed it is
important to review the control (schedule and set points).
Keywords: Supermarket, Refrigeration, Carbon Dioxide, Cool Thermal Energy Storage, CTES,
Subcooling, Energy Efficiency, Electricity

1. INTRODUCTION
Statistic studies (Ceren, 2014) conducted by EDF show that the electricity consumption, dedicated
to food refrigeration in the commercial sector in France, represents 20% of the total electricity
consumption of the sector. The refrigeration daily load curve of a supermarket shows that the
electricity for refrigeration is mainly consumed during the opening hours of the supermarket
(Rasmussen et al., 2016). Moreover, the efficiency of the refrigerating system is outside-temperature
sensitive (Acha et al., 2016), which is emphasised if the working fluid is transcritical CO2
(Kauf, 1999). Advantages and disadvantages of cool thermal energy storage (CTES) have been
previously described (see for example Kosi et al, 2015). CTES is not often used in commercial sector
in France, because of the high reliability of the electricity supply, as well as the low price of electricity.
The most common technologies used to store cool energy are chilled water (sensible heat energy
storage) and ice or Phase-Change Material (PCM) (latent heat energy storage) (Fang et al., 2016).
Subcooling is a well-known solution to increase the cooling capacity as well as the Coefficient Of
Performance (COP) of a refrigerating plant (Zubair, 1990; Dai et al., 2017).
Considering all these facts, a CTES added to the refrigerating plant and used to subcool it, is
expected to lower the electricity consumption, partially transfer the opening hours electricity
consumption to closed hours, increase the Coefficient of Performance of the refrigerating plant, and
reduce or optimise costs and energy impacts. In a previous work, Quaro (2016) described the two
main CTES technologies as well as CTES design and operating strategies. The aim of his work was
to develop and evaluate a software tool for sizing and optimising CTES solution under various
electricity tariff schemes. The case study of a supermarket using CO2 as a working fluid was
presented.
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Following this previous work, EDF and DALKIA FROID SOLUTIONS had the opportunity to patent
(Quaro et al., 2018) and install a CTES in a customer’s supermarket. In the present paper, we will
describe the refrigerating plant of the supermarket. We will then describe the control strategy, the
measurements and the results. We will be able to compare the energy consumption of the plant with
and without the use of the subcooling allowed by the CTES. The conclusion of the work will suggest
improvements on the system regulation.

2. THE PLANT
The idea consists in adding a Cool Thermal Energy Storage (CTES) to a full CO2 refrigerating plant,
and discharge the CTES to subcool the CO2.
2.1.
Main Part of the Plant
The supermarket is situated in the south of France. It is approximately 2 600 m 2. The refrigerating
plant is composed of a transcritical CO2 refrigerating plant and a subcritical CO2 refrigerating plant,
both of them connected with a glycol water loop. The display cabinets for chilled food are connected
to the glycol water loop, as well as the condenser of the subcritical CO 2 refrigerating plant. The frozen
food cabinets are supplied with CO2 in direct expansion from the subcritical CO 2 refrigerating plant.
The glycol water loop temperatures are -7°C/-3°C. Low temperature cabinets are closed. Medium
temperature opened cabinets are in rooms closed with plastic strip curtains.
2.2.
Addition of a CTES
To this main part of the supermarket refrigerating plant, a CTES has been added. It is connected to
the glycol water loop. The CTES is composed of a tank, filled with tap water and a heat exchanger
network immersed in the tap water. The glycol water circulates inside the heat exchanger network,
allowing the formation of ice on the external surface of the immerged heat exchanger network. The
CTES is completely loaded when 95% of the water is frozen. This CTES is called “internal melt”
because the discharge is done by the circulation of the glycol water, which is inside the tubes of the
heat exchanger network. The floor surface used by the CTES is 20 m 2. Its dimensions are 3245 mm
length, 1595 mm width and 3020 mm height. Its maximum capacity is 499 kWh, corresponding to
the formation of 95 vol% of ice. The total charge lasts for roughly 6 hours. It is settled outside the
buildings, on the car park. Figure 1 shows the CTES connected to the main part of the refrigerating
plant.
To chilled food
display cabinets

-7°C

From chilled food
display cabinets

-3°C

Transcritical CO2
refrigerating plant

CTES
To frozen food
cabinets
From frozen food
cabinets

Condenser
Subcritical CO2
refrigerating plant

Legend:

CO2
Glycol water

Figure 1: Black: main part of the transcritical and subcritical CO 2 supermarket refrigerating plant.
Grey: addition of the cool thermal energy storage

2.3.
Addition of the subcooling
Finally, a subcooler is added to the CO2 transcritical plant, just after the dry gascooler. This subcooler
is a CO2/glycol water heat exchanger. It is connected to the CTES via the glycol water loop. The
CTES discharge is used to subcool the CO2. The temperature of the glycol water coming out from
the CTES is about 5°C, and the temperature of the glycol water going back to the CTES is about
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10°C. The CO2 outlet temperature from the subcooler is about 15°C. Figure 2 shows the global
architecture of the refrigerating plant, including the CTES and the CO2 subcooler.
10°C

5°C
To chilled food
display cabinets
From chilled food
display cabinets

-7°C
Subcooler

Gascooler

Transcritical CO2
refrigerating plant

-3°C

CTES
To frozen food
cabinets

Condenser
Subcritical CO2
refrigerating plant

From frozen food
cabinets

Legend:

CO2
Glycol water

Figure 2: Use of the cool thermal energy storage to subcool the transcritical CO 2

2.4.
Thermodynamics
Three states (Figure 3) are defined: State 1 (transcritical, no subcooling, no CTES charge), State 2
(transcritical, subcooling, no CTES charge), State 3 (subcritical (or transcritical with lower outlet gas
temperature than states 1 and 2), no subcooling, CTES charge).

Flash gas

h’

h

Figure 3: state 1 (bold), 2 (dashed line) and 3 (dotted line)

Comparing states 1 and 2, the subcooling induces a reduction on the flash gas mass flow, and thus
an increase of the CO2 mass flow in the evaporators as shown in Eq. (1). For the same compressor
rotating speed in states 1 and 2, Eq. (2) to (4) define the cooling capacities, and lead to Eq. (5).
m2 > m1
Q1= m1 (h-h’)
Q2 = m2 (h-h’)
Q2 > Q1
EER2 > EER1

Eq. (1)
Eq. (2)
Eq. (3)
Eq. (4)
Eq. (5)

On state 1, Q1 is only dedicated to the display cabinets (Eq. (6)), while on state 3, Q3 is dedicated to
the display cabinets and the CTES (Eq. (7)). State 3 occurs by night so Q3dc is lower than Q1dc, which
allows to charge the CTES. Assuming that Q1 equals Q3, and as the high pressure in state 3 (night)
is lower than in state 1 (day), this leads to Eq. (8).
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Q1 = Q1dc
Q3 = Q3dc + Q3CTES
For Q1 = Q3, EER3 > EER1

Eq.(6)
Eq. (7)
Eq. (8)

Considering Eq. (5) and (8), the plant should work as much as possible on state 2 and 3, and use
state 1 when the electricity price is at its lowest.
2.5.
Control and Strategy
The charge/discharge/subcooling strategy has been chosen based on the following:
- During opening hours of the supermarket, the cooling demand is high, so the charge is
avoided;
- By night, when the outside temperature is low, the performances of the refrigerating plant are
high, and the cooling demand of the cabinets is low, so the charge is ON;
- Around noon, the outside temperature is high, so the subcooling (discharge) is ON to
increase de performances of the transcritical CO2 plant;
- When the electricity tariffs are high (see below), charge is OFF and subcooling is ON.
The refrigerating plant works 24 hours a day. The cabinets are cool fed continuously.
On the contrary, the CTES is charging during a few hours every night. During the charging mode,
the refrigerating plant provides cooling to the CTES and to the cabinets. During the CTES charge,
there is no subcooling.
The subcooling occurs while the CTES is discharged. The discharge and the subcooling occur during
the hottest hours of the day.
After several weeks of tests, the best schedule has been defined as follows:
- Winter time:
o The CTES is charged from 10 pm to 6 am on week days. Thus, it is discharged from
6 am to 10pm.
o On weekends, the CTES is kept loaded: no discharge during 48 hours.
- Summer time:
o The CTES is charged from 10 pm to 10 am. Thus, it is discharged from 10 am to
10 pm. This applies for both weekdays and weekends.
Remark regarding the winter weekends: keeping a loaded CTES during the weekends is not efficient,
because of the thermal losses. But, by the time of the tests, the automatic control did not allow
keeping a completely unloaded CTES without turning OFF the subcooler pumps, which was not
efficient either. We chose to keep the CTES loaded, and the pumps OFF.
The CO2 outlet subcooling temperature is controlled with a three-way valve on the glycol water loop.
The set point is 13°C in summer, so that the CTES doesn’t discharge too fast. It is 1°C in winter, so
that the CTES is completely unloaded every weekday.

3. ELECTRICITY TARIFFS
French electricity tariffs have been widely characterised in Quaro, 2016. We remind here that French
electricity tariffs have 3 components:
- a “supply” component, which corresponds to the energy consumed by the customer;
- a “transmission and distribution network use” which is a contribution to the operation, the
development and the maintenance of the French electrical network;
- taxes.
The supply component is proportional to the electricity consumption in kWh, but depends on the
season and the hour of the day.
There are 2 seasons:
- winter electricity tariff season, from November the 1st to March the 31st;
- summer electricity tariff season, from April the 1st to October the 31st.
During the winter electricity season, there are 3 tariffs: rush hour tariff (from 9 am to 11 am and from
6 pm to 8 pm), off-peak hour tariff (from 10 pm to 6 am, and 48 hours weekends) and peak hour
tariff. During the summer season, there are only peak (from 6 am to 10 pm) and off-peak (from 10 pm
to 6 am during weekdays and 48 hour weekends) hour tariffs.
At first, the CO2 outlet subcooling temperature set point was lower during rush hours than during
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peak hours. But it finally remained constant during all the discharge phase, to allow a better
understanding of the subcooling effect.
The supply component has a subscribed electrical capacity part, which is proportional to the instant
power absorbed by the customer. CTES is a good way to reduce this part of the electricity invoice,
by levelling the electricity load curve.

4. MEASUREMENTS AND RESULTS
4.1.
Charge/discharge cycle
Figure 4 represents a summer week data recording. The CTES is charged and discharged on a daily
base, except during the weekend. We can see that the discharge and the subcooling occur when
the outside temperature is at its highest, so on those periods, the CO2 subcooled temperature is at
its lowest and is lower than the outside temperature, thanks to the use of the CTES. When there is
no subcooling (charging phase), the CO 2 outlet subcooler temperature follows the outside
temperature.
In winter, it has first been observed that the minimum ice level was around 40% with a CO2 outlet
subcooler temperature set point of 6°C during rush hours and 15°C during peak hours. In order to
completely unload the CTES every day, the set point has been lowered to 1°C during all discharging
hours.

Figure 4: One summer week data recording: remaining cooling capacity in the CTES,
CO2 outlet subcooling measured temperature, and outside temperature

4.2.
Plant Refrigeration Output
Measurements have been recorded during three summer weeks, during which the CTES, as well as
the CO2 subcooling, were OFF. Over those 3 weeks, the plant refrigeration output has been
averaged on the 3 Sundays, on the 3 Saturdays, and on the 15 weekdays.
Figure 5 shows the medium temperature refrigeration average output. On weekdays, the
supermarket is open all day. On Saturdays, the supermarket closes at midday. On Sunday, the
supermarket is closed, with no employees working; the refrigeration production only allows the
compensation of the thermal losses. Figure 5 illustrates that the plant refrigeration output depends
on the opening hours of the supermarket.
Measurements have been recorded during height summer weeks, during which the CTES was on
charge and as well as the CO2 subcooling was in use. Over those height weeks, the plant
refrigeration output has been averaged on the 8 Sundays, on the 8 Saturdays, and on the 40
weekdays. Figure 6 shows the medium temperature refrigeration average output. The 10 pm peak
is due to the beginning of the CTES charge. It has not been investigated whether or not it is more
efficient to i) completely freeze the CTES in the shortest time (so the refrigerating plant works at its
best performances, but then thermal losses occur during the time period between the end of the
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charge and the beginning of the discharge), or ii) charge the CTES gradually along the 12 charging
hours (this mode minimises the thermal losses, but lowers the refrigerating plant performances).
Programming the refrigerating plant to reach the full CTES capacity just before 10 am, within the
shortest time of charge, would certainly be the more energy efficient mode. Nevertheless, as peak
refrigeration production means peak electricity consumption, there is a risk to exceed the site
subscribed electrical capacity.

Figure 5: High-pressure stage average
refrigeration output, without cool storage nor CO2
subcooling, summer time

Figure 6: Plant high-pressure stage average
refrigeration output, with cool storage and CO2
subcooling, summer time

4.3.
Electricity consumption
Figure 7 compares the electricity consumption of the whole supermarket, during two weeks in
summer: during one week, the CTES and the subcooling were on use, and during one week, they
were not. During the discharge and CO 2 subcooling hours, the total absorbed electrical capacity of
the supermarket is lower during the week with CTES and subcooling. During the CTES charging
hours (by night), the contrary is observed. The gap between the curves during the night corresponds
to the electricity needed to charge the CTES. Every weekday, a peak occurs around 10 pm, which
is the beginning hour of the charge. The peaks are due to the very important electricity demand of
the high pressure (HP) compressors, as it can be seen on Figure 8. This figure represents the
electricity consumption of the whole supermarket and the electricity consumption of the HP CO 2
compressors, during the same week. On this figure, the everyday 10 pm peak electricity demand,
on the supermarket curve, corresponds exactly to the HP compressors curve. The slight difference
between the peaks heights can be attributed to the auxiliaries like gascooler fans and glycol water
pump. The 10 pm peaks may occur an overshoot of the subscribed electrical capacity (thus an
additional cost for the electricity end user), which is against the load levelling targeted by CTES. In
the future, the control should be modified so that the peak electricity consumption is distributed all
over the night.

Figure 7: Whole supermarket electricity
consumption with and without cool storage and
CO2 subcooling. Summer time

Figure 8: Electricity consumption of the whole
supermarket and of the high-pressure CO2
compressors. Summer week with cool storage
ON and CO2 subcooling ON

Electricity consumption has been measured from December Monday the 18th 2017 to March Sunday
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the 11th 2018. It has been measured that, during winter time, the use of CTES and CO2 subcooling
during weekends end up to an electricity overconsumption. This is due to the very low cooling need
during weekends. By extrapolating the measurements over the all winter electricity tariff season (108
weekdays), the CO2 subcooling combined to the CTES yields to 920 kWh electricity saving.
Electricity consumption measurements from July Monday the 18th 2018 to July Sunday the 15th 2018
show that, during summer time, the use of CTES and CO2 subcooling end up to an electricity saving,
if used during both weekdays and weekends. By extrapolating the measurements over the all
summer electricity tariff season, the CO2 subcooling combined to the CTES yields to 21 930 kWh
electricity saving.
The orders of magnitude of the electricity consumption, sorted by season, with and without using
CTES and CO2 subcooling, are indicated in Table 1. The electricity consumption dedicated to the
refrigeration production gathers the gascooler fans, all the glycol water pumps, and all the
compressors (HP and BP) of the refrigerating unit.
An estimation of the financial saving is shown on Table 2. It takes into account the electricity tariffs
versus hour of the day and season. The saving is of 2 k€ per year, which represents 6% of the annual
electricity bill dedicated to medium temperature refrigeration production.
Table 1: Orders of magnitude of annual extrapolating electricity savings (MWh)

Whole supermarket
electricity
consumption
Electricity
consumption
dedicated to
refrigeration (fans,
pumps, CO2 trans
and subcritical
compressors)

Without cool
storage nor CO2
subcooling
With cool storage
and CO2
subcooling
Without cool
storage nor CO2
subcooling
With cool storage
and CO2
subcooling

Winter
electricity
tariff season
(151 days)

Summer
electricity
tariff season
(214 days)

Annual
Total

410

687

1097

409

665

1074

106

294

400

105

272

377

Annual
(365 days) Saving

23

23

Table 2. Financial savings estimated from the measurements done in 2017 and 2018 (€uros)

Electricity tariff
component
Energy saving on the
supply component
Energy saving on the
transmission and
distribution network use
component
Energy saving on the
taxes component
TOTAL

Estimated financial saving
Estimated financial
during winter electricity
saving during summer
tariff season
electricity tariff season
(151 days)
(214 days)

Total (€)

102

1 043

1 145

52

222

274

21

493

514

175

1 758

1 933

5. CONCLUSION AND FUTURE WORK
A full CO2 refrigerating plant has been installed in a supermarket by EDF and DALKIA FROID
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SOLUTIONS. The plant was equipped with a CTES as well as a CO2 subcooler. When discharged,
the CTES provides the subcooling. The charge/discharge strategy takes into account the external
temperature, the supermarket opening hours and the electricity tariffs. The annual electricity saving
is 23 MWh, and 2 k€.
The results showed that the control and the charge/discharge strategy are very important to optimise
the use of the CTES as well of the subcooling. As an example, we understood that the strategy
should be different during the weekends depending on the season. We suggest to improve the
control as follows:
- Lowering the CO2 outlet subcooler temperature set point and increase the discharge duration
so that the CTES is totally discharged in winter.
- Investigating whether or not the CTES strategy should be different between Saturdays and
Sundays.
- Levelling the charge all over the night to avoid an electricity consumption peak at 10 pm.

6. NOMENCLATURE
m
h
dc

CO2 mass flow in evaporators (kg.s-1)
Enthalpy (kJ.kg-1)
Display Cabinets

Q
Cooling capacity (kW)
EER Energy Efficiency Ratio (-)
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ABSTRACT
The heat transfer coefficients (HTCs) of NH3 are higher than of HFCs and hydrocarbons during the
condensation within plate heat exchangers (PHEs) mainly due to its favorable transport properties.
NH3/H2O has a large temperature glide, and its heat transfer is dependent on mass transfer. Few
models have been specifically developed for NH3 and NH3/H2O condensation in PHEs. This paper
presents heat transfer and pressure drop experiments for partial condensation. The calculation
method for condensation HTCs and frictional pressure drop is introduced. The working fluids are
pure NH3 and NH3/H2O with a weight concentration of 96%. For a mass flux of 62 kgm-2s-1, the
HTCs of NH3 increase from 10 to 20 kWm-2K-1 with vapor quality. The apparent HTCs of NH3/H2O
are significantly lower than NH3 at high vapor qualities because of mass transfer resistance.
Condensation pressure level has a slight influence on HTCs and frictional pressure drop.
Keywords: Plate heat exchanger, Condensation, Absorption, Heat transfer, Pressure drop, NH3
and NH3/H2O.

1. INTRODUCTION
Plate heat exchangers (PHEs) are a type of compact heat exchangers and are widely used in
industry. PHEs are composed of multiple plates that are stacked together. These plates are
corrugated and form periodic flow channels. On the one hand, the corrugated plates provide larger
heat transfer areas; on the other hand, the flow is disturbed and secondary flow is introduced,
which enhances the thermal performance. PHEs have large heat transfer areas per volume and
small hydraulic diameters. The small flow passage area reduces the charge of working fluid. Hot
and cold fluids flow alternately and counter-currently in the channels, what makes it easy to adjust
heat transfer areas by changing the number of plates. The knowledge of evaporation and
condensation within PHEs is limited despite the growing application. Researches of condensation
are especially needed (Tao et al., 2018a).
PHEs are promising candidates for NH3 systems because of large capacity and compact structure.
The fluid properties of NH3 are distinct from HFCs or hydrocarbons with larger latent heat and
surface tension. Heat transfer correlations derived from other refrigerants are unlikely to be
applicable for NH3, but NH3 condensation in PHEs is not reported in detail by open literature (Tao
et al., 2018b). The condensation of NH3/H2O mixture is characterized by a large temperature glide
and simultaneous heat and mass transfer. This process is also referred to as absorption. NH3/H2O
condensation within PHEs has been analysed both experimentally and numerically, but is still not
fully understood (Kang et al., 2000; Cerezo et al., 2010; Triché et al., 2017). This paper
experimentally investigates the condensation of NH3 and high concentration NH3/H2O within a PHE.

2. EXPERIMENTAL SETUP
More detailed descriptions of the experimental setup and test section are given in a previous paper
(Tao et al., 2018b). Fig. 1 shows the system diagram. The operation of NH3 and NH3/H2O is similar.
For NH3/H2O, a two-phase mixture flows into a separator after being heated and partially vaporized
in an evaporator. Liquid of relatively low NH3 concentration flows through a recuperator and an
expansion valve, while high concentration vapor flows through an expansion valve and mixes up
with liquid at the inlet of the test section. The vapor and liquid are controlled to be at the same
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pressure before mixing. NH3/H2O flows from the top to the bottom of the test section, and is cooled
by cold water that flows upward. NH3/H2O then flows through an after cooler, a buffer tank, a
working fluid pump, the recuperator, and flows back to the evaporator. During NH3 operation, the
flow is also separated into vapor and liquid at the separator and mixes up before the test section.
But it is pure fluid everywhere. Temperature, pressure, mass flow rate and density are measured at
the locations indicated in Fig.1. Cold water is used to remove the heat from the test section and
from the after cooler, while hot water flows into the evaporator. The test section is a gasketed plate
heat exchanger with three plates in total and one plate effective for heat transfer. It has a hydraulic
diameter of 2.99 mm and a chevron angle of 63° (Tao et al., 2018b).

Figure 1: Experimental setup diagram including the working fluid cycle, the cold water cycle and the
hot water cycle

3. DATA REDUCTION
3.1.

H2O-H2O experiments

H2O-H2O experiments were carried out to obtain the single-phase HTCs and Fanning friction
factors. The single-phase HTCs of PHEs, αw, are generally accepted to have the form of Eq. (1)
(García-Cascales et al., 2007). Θ1 and Θ2 depend on the geometry of PHEs, and can be calculated
by Wilson-plot method (Fernández-Seara et al., 2007). During experiments, the mass flow rate of
hot water was kept constant while the mass flow rate of cold water was varied. Θ2 is determined to
be 0.7 by best fitting. Fig. 2 presents the results of Wilson-plot method obtained by curve fitting. U
is the overall HTC, and dp/λwall is the wall thermal resistance. The resulting correlation is given in
Eq. (2).

Nuw =

 wdh
= 1 Rew Prw1/3
w
2

 d
Nuw = w h = 0.275Rew0.7 Prw1/3
w

Eq. (1)

320  Rew  2600

Eq. (2)

ΔPexp,w is the measured pressure drop. Eqs. (3)-(5) calculate the water frictional pressure drop,
ΔPfri,w, the pressure drops of inlet and outlet ports, ΔPin port,w, ΔPout port,w, and elevation pressure
decrease, ΔPele,w (Shah and Focke, 1988).

 Pfri ,w =  Pexp,w −  Pin p ort ,w −  Pout p ort ,w −  Pele,w

 Pport ,w = 1.5Gw2 / ( 2  w )
 Pele ,w =  w gL p
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Eq. (6) defines the single-phase Fanning friction factor, fw, which is needed to discuss two-phase
frictional pressure drop using the Lockhart-Martinelli model. It is correlated in Eq. (7), and the
results are presented in Fig. 3. The pressure drop experiments were conducted at the same
operating conditions as heat transfer experiments, but the ranges of the pressure sensors were
limited and the data at larger mass fluxes cannot be obtained. So Eq. (7) has a narrower range of
Reynolds number compared with Eq. (2). The flow is expected to transit from laminar to turbulent
flow with the increase of mass fluxes. The transition of PHEs takes place at smaller Reynolds
number than for tubes (Sarraf et al., 2015; Focke et al., 1985). In the tested range, Eq. (7)
considers the flow as turbulent, and is only valid for the present measurement.

 Pfri ,w = 2 f w
f w = 4.608 Rew−0.287

Gw2 Lp
w dh
400  Rew  2500

Eq. (6)
Eq. (7)

Figure 2: Results of Wilson-plot method for H2O-H2O experiments

Figure 3: The correlation of single-phase Fanning friction factor and experimental data
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3.2.

HTCs of NH3

To reduce the experimental data of NH3, Eqs. (8)-(9) calculate the energy balances of the after
cooler and test section. ha,out and ha,in are the NH3 enthalpy at the outlet and inlet of the test section,
which are used to determine the corresponding vapor qualities (Lemmon et al., 2013). ha,04 is the
enthalpy at the outlet of the after cooler and is determined by the measured temperature and
pressure. Q is the heat transfer rate, and ṁ is the mass flow rate. cp,w is the specific heat capacity
of water. Tw is the water temperature.

ha ,out = ha ,04 +
ha ,in = ha ,out +

Qafter
ma ,01

= ha ,04 +

c p ,w mw,04 (Tw,07 − Tw,05 )
ma ,01

c p ,w mw,03 (Tw,06 − Tw,05 )
Qtest
= ha ,out +
ma ,01
ma ,01

Eq. (8)

Eq. (9)
Eq. (10) determines the condensation HTCs, αa, where U is the overall HTC and is the combination
of water HTC, αw, wall thermal resistances, dp/λwall, and NH3 HTC, αa. Ta is the NH3 temperature
and is constant in the test section.

Qtest = mw,03c p , w (Tw,06 − Tw,05 ) = ma ,01 ( ha ,i n − ha ,out )
= UA

3.3.

(T

a ,in

− Tw,06 ) − (Ta ,out − Tw,05 )
(Ta,in − Tw,06 ) − (Ta,out − Tw,05 )
A
=
T −T
d
T −T
1
1
ln a ,in w,06
ln a ,in w,06
+ p +
Ta ,out − Tw,05
Ta ,out − Tw,05
 a wall  w

Eq. (10)

Apparent HTCs of NH3/H2O

The data reduction of NH3/H2O takes place in a similar way as for NH3, while the bulk NH3
concentration is needed to determine the thermodynamic state. The masses of the charged NH3
and H2O are first measured, and the global concentration is calculated. During experiments, the
density of the NH3/H2O liquid is measured by D01 shown in Fig. 1 and is used to determine the
bulk NH3 concentration together with the temperature and pressure measured by T08 and P07 at
the same position. The bulk NH3 concentration of the overall flow is constant, while the separated
liquid phase has lower concentration and vapor phase has higher concentration. Fluid properties
are calculated with the database of Refprop and M. Conde Engineering (Lemmon et al., 2013; M.
Conde Engineering, 2006).
Eqs. (8)-(10) are also used to calculate the condensation HTCs of NH3/H2O with the additional
input of bulk NH3 concentration, where Ta is the mixture equilibrium temperature and depends on
the vapor qualities. αa is the apparent HTC of NH3/H2O and considers the deterioration of heat
transfer due to mass transfer, but the mass transfer resistance is not calculated directly. Apparent
HTC takes the mixture effect into account and is more relevant for high concentration NH 3/H2O,
which is comparable with NH3 (Fronk and Garimella, 2016).
3.4.

Frictional pressure drop

As shown in Eq. (11), the condensation frictional pressure drop, ΔPfri,a, is calculated by subtracting
the other components from the measured pressure drop, ΔPexp,a, including: the pressure drop of
inlet and outlet ports, ΔPin port,a, ΔPout port,a, mixing pressure drop, ΔPmix,a, deceleration pressure rise,
ΔPde,a, and elevation pressure rise, ΔPele,a.

 Pfri ,a =  Pexp,a −  Pin p ort ,a −  Pout p ort ,a −  Pmix ,a +  Pde,a +  Pele,a

Eq. (11)
In Eqs. (12)-(13), ΔPin port,a and ΔPout port,a are treated as sudden enlargement and sudden
contraction of two-phase flow, respectively. Gtube is the mass flux in the connection tubes. Atube and
Aport are the flow areas of tubes and ports. vL and vG are the specific volume of liquid and vapor. x
is the vapor quality. 0.591 is an empirical parameter and is determined by the ratio of Atube to Aport
(Collier and Thome, 1994).
2
 Pin port ,a = Gtube
vL

Atube
Aport

 Atube
1 −
 Aport

  vG − vL
 1 +
vL



x
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 Pout port ,a =

2
Gtube
vL  1

− 1

2  0.591 

2

 vG − vL
1 +
vL



x


Eq. (13)
In Eqs. (14)-(16), ΔPde,a and ΔPele,a are calculated using the homogeneous two-phase model,
which considers the two-phase flow as a single fluid. G is the mass flux at the flow channel of the
PHE. The averaged density is calculated at the averaged vapor quality (Collier and Thome, 1994).

 Pde,a = G 2 ( vG − vL )( xin − xout )

Eq. (14)

 Pele ,a =  av gL p
1

av

=

1 − xav

L

+

Eq. (15)

xav

G

Eq. (16)
At the inlet of the test section, liquid is sprayed into vapor through orifices. The pressure drop of
flowing through orifices is composed of sharp-edged effects at the entrance and exit regions, as
well as the frictional component through finite-thickness (Jankowski et al., 2008; Ushida et al.,
2014). This pressure drop is calculated in Eqs. (17)-(20). uori is the liquid velocity at the orifices. dori
and dtube are the diameters of the orifices and inlet tube. fcom is a combined friction factor, and
includes sharp-edged term and frictional term in Eq. (18), respectively. ReL,ori is based on orifice
diameter and velocity (Jankowski et al., 2008).

 Pmix ,a
f com =

  d 4 
= 0.5u  L 1 −  ori   f com
  dtube  
2
ori


ReL,ori
25 
−0.12 ReL ,ori
−0.26 ReL ,ori
1 + e
− 2.16e
+ 0.16 1 −

9 
 1 + ReL,ori

4 Lori  3.44 16 + 0.3125 −1 − 3.44 /  
+


ReL,ori d ori  
1 + 2.12 10−4  −2

ReL,ori = Luori dori / L

−2

Eq. (17)


 +



 = Lori / ( d ori ReL ,ori )

Eq. (18)
Eq. (19)
Eq. (20)

4. RESULTS AND DISCUSSION
Condensation experiments of NH3 and NH3/H2O were carried out to collect the data of heat transfer
and pressure drop. The mass fluxes of the cold water were maintained to be the maximum value
allowed by the setup, so this heat transfer resistance is restricted. As a consequence, the heat
transfer resistance of the condensation side is larger than of the water side. The weight
concentration of NH3/H2O is 96% ± 1%, and the concentration increases slightly with vapor
qualities during operation. The mass fluxes were kept almost the same for NH3 and NH3/H2O, and
were 62 kgm-2s-1 and 60 kgm-2s-1, respectively. So the experimental results can be compared. The
condensation pressures were 630 and 770 kPa for NH3 and 650 kPa for NH3/H2O. Since the latent
heat of the working fluids is large and the cooling capacity of the setup is limited to around 6 kW at
10 ℃, high vapor quality cannot be obtained and the changes of the vapor quality are smaller than
0.2.
In Fig. 4, HTCs increase sharply with vapor qualities. The HTCs of NH3 double when the vapor
qualities rise from 0.2 to 0.4, while the apparent HTCs of NH3/H2O increase 1.5 times in the same
range. NH3 and NH3/H2O have large two-phase density difference. The thickness of condensate
film decreases with vapor quality. NH3 and NH3/H2O have stronger sensitivities to vapor quality
than other refrigerants such as R134a and R410A (Yan et al., 1999; Kuo et al., 2005). NH3 yields
larger HTCs than NH3/H2O especially at higher vapor qualities as a result of mass transfer
resistance. NH3/H2O has a large temperature glide, and mass transfer resistance deteriorates the
heat transfer distinctly even the weight concentration is as high as 96%. Being the less volatile
component, H2O tends to condense first at higher vapor qualities, where the mass transfer
resistance is stronger. At lower vapor qualities, the vapor phase is almost pure NH3 since most of
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the H2O has already been condensed, so the HTCs are consistent with purity (Fronk and Garimella,
2016). For NH3, higher condensation pressure slightly reduces the HTCs, since the two-phase
density ratio is closer to 1, and the shear force at the interface is restricted.

Figure 4: Condensation HTCs of NH3 and NH3/H2O with varying averaged vapor quality and
condensation pressure

Figure 5: Frictional pressure drop of NH3 and NH3/H2O with varying averaged vapor quality and
condensation pressure

Fig. 5 presents the frictional pressure drop under the same operating conditions as Fig. 4. The data
were calculated as described in Section 3.4. The pressure losses or gains contributed by flow area
change, velocity change, mixing, etc. are minor, and are smaller than one tenth of the frictional
pressure drop. Vapor qualities have a significant influence on the frictional pressure drop. It can be
attributed to the large density difference of the fluids. The rise of the vapor quality increases the
volume flux and shear force at the two-phase interface. The mixture effect can be neglected, and
the data of NH3/H2O are almost the same as NH3 under similar mass fluxes and condensation
pressure. The pressure drop also decreases with increasing condensation pressure, and the
difference is more noticeable at higher vapor qualities. As the pressure increases, the two-phase
density difference reduces, as well as the shear force. This is similar to the results of Fig. 4.
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5. CONCLUSIONS
This paper describes condensation experiments of NH3 and NH3/H2O with a weight concentration
of 96% in a PHE. H2O-H2O experiments were first conducted to determine the single-phase HTCs
and Fanning friction factors, which were needed to analyse condensation. Additionally, the data
reduction methods are provided to determine condensation HTCs and frictional pressure drop.
For a mass flux of 62 kgm-2s-1, the condensation HTCs of NH3 vary from 10 to 20 kWm-2K-1, while
the apparent HTCs of NH3/H2O are in the range of 10-15 kWm-2K-1 for 60 kgm-2s-1. The HTCs of
both working fluids are similar for low vapor qualities, but the mass transfer resistance deteriorates
the heat transfer noticeably for higher vapor qualities. On the other hand, the mixture effect is
negligible for the frictional pressure drop. Higher condensation pressure mainly affects the twophase density, and slightly reduces the HTCs and frictional pressure drop.
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NOMENCLATURE
A
cp
d
dh
dp
f
g
G
h
Lp
ṁ
Nu
P
Pr
Q
Re
T
u
U
v
x

Symbols
actual heat transfer area (m2)
specific heat capacity (J.kg-1.K-1)
diameter (m)
hydraulic diameter (m)
plate thickness (m)
friction factor (-)
gravitational constant (ms-2)
mass flux (kgm-2s-1)
enthalpy (J.kg-1)
port-to-port plate length (m)
mass flow rate (kg.s-1)
Nusselt number (-)
pressure (Pa)
Prandtl number (-)
heat flow rate (W)
Reynolds number (-)
temperature (K)
velocity (ms-1)
overall heat transfer coefficient (W.m-2.K-1)
specific volume (m3kg-1)
vapor quality (-)

α
β
Δ
ξ

Greek symbols
heat transfer coefficient (W.m-2.K-1)
chevron angle to flow direction (°)
difference
parameter in eq. (20) (-)

ρ
Θi
λ
µ

density (kgm-3)
parameters in eq. (1) (-)
thermal conductivity (W.m-1.K-1)
dynamic viscosity (Pas)

a
after
av
com
cw
de
ele
exp
fri
G
hw
in
L
mix
ori
out
port
test
tube
w
wall

Subscripts
ammonia or ammonia water
after cooler
averaged
combined value
cold water
deceleration
elevation
measured value
frictional pressure drop
gas or vapor
hot water
inlet of test section
liquid
mixing process
orifice
outlet of test section
ports of test section
test section
connected tube
water
plate wall
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Abstract
This paper proposes a thermoelectric assisted indirect evaporative cooling (TIEC) system, in which
thermoelectric cooling modules are sandwiched between channels of a plate-fin indirect
evaporative cooler operated in a countercurrent flow mode. As the moisture content of fresh air is
high, condensation may occur in the dry channels. A mathematical model of this novel system is
developed with taking the condensation from primary air into consideration. Performance analysis
of the TIEC system with condensation is conducted in detail. Analytical results show that the
condensation from primary air weakens the performance of system by reducing the values of the
coefficient of performance and dew point effectiveness. The effects of main operating conditions,
such as the electrical current and number of the thermoelectric cooling modules, inlet temperature,
humidity ratio and velocity of the primary air are also investigated.
Keywords: Thermoelectric, Indirect evaporative cooling, Condensation, Dew point effectiveness,
coefficient of performance.

1. INTRODUCTION
Building energy consumption has increased globally for past decades, which accounts for about
40% of total primary energy requirement (Yang et al., 2014). The urgency of environment protection
and energy conservation attracts worldwide study to reduce the high energy cost of HAVC (heating,
ventilating, and air-conditioning) systems in buildings. Indirect evaporative cooler (IEC) is an
environmentally friendly cooling device which uses water as the refrigerant, and could reduce much
more energy consumption (Porumb et al., 2016). However, the ambient air condition has a
significant influence on IEC system’s performance which makes IEC systems inefficient to be
applied independently in wet regions. (Riangvilaikul and Kumar, 2010).
In order to enhance the performance and adaptability to the environment of the IEC systems, many
numerical analysis and experimental study have been conducted. The theory of heat and mass
exchange calculation for IEC systems has always been the emphasis of evaporative cooling
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technology (Chua et al., 2016). Maclaine-Cross and Banks (1981) studied the basic theory of heat
exchanger with wet surface. Kettleborough and Hsieh (1983) proposed the plate humidity
parameters to improve the mathematical model for heat transfer of counter-flow and cross-flow IEC
systems. Stoitchkov and Dimitrov (1988) improved the Maclaine-Cross and Banks model and
established a two-dimensional mathematical model based on flowing liquid film. Various indirect
evaporative cooler configurations have been investigated over the past decades (Mahmood et al.,
2016., Zhan et al. 2011., Demis et al. 2017). In recent years, several researches also proposed
novel hybrid evaporative cooling system (Heidarinejad et al., 2010., Kim et al., 2015., Gao et al.,
2015.), allowing the system able to achieve a thermal comfort condition in humid regions. In a
previous study by the authors (Zhou et al., 2018), a novel thermoelectric assisted indirect
evaporative cooling (TIEC) system was developed by combining the thermoelectric cooling
technology and the indirect evaporative cooling technology. The simulation results show that the
proposed system is able to cool primary air to a temperature much lower than inlet air wet bulb
temperature, even dew point temperature.
Although most of the previous studies focused on the wet channel and only considered the sensible
heat transfer from primary air, some researchers also conducted numerical and experimental
studies to investigate and prove the impact of the condensation from primary air on performance of
IEC system (Yang et al. 2006., Chen et al., 2016., Meng et al., 2018., Li et al., 2018). Considering
the ignorance of the influence of condensation from primary air in the previous study (Zhou et al.,
2018), a novel mathematical model of a thermoelectric assisted indirect evaporative cooling system
considering the condensation from primary air is developed in this paper. The influence of
condensation on COP and cooling effectiveness is investigated under various operating parameters,
including the electrical current and number of thermoelectric modules, inlet temperature, humidity
ratio and velocity of the primary air.

2. MAIN SECTION
2.1. System description

Figure 1(a) shows schematic diagrams of the TIEC system. The TEC modules are inserted inside
the intermediate plate between dry and wet channels of the cooler. The hot side is connected to the
wet channel and the cold side to the dry channel. Offset strip fins are arranged in the wet channel.
Figure 1(b) shows schematic diagram of the plate-fin counter-flow indirect evaporative cooler with
TEC modules. The base plate and fin surfaces in wet channel are covered by the water film sprayed
from the top by nozzles. As the water flows down, it absorbs heat released by the hot side of the
TEC modules and exchanges heat and mass with the secondary air.
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Figure 1: (a) Schematic diagram of the TIEC system; (a) Schematic diagram of a flat plate counter flow
thermoelectric/indirect evaporative cooler; (c) Control volume of a thermoelectric/indirect evaporative
cooler.

2.2. Mathematic model

Figure 1(c) demonstrates the control volume of a thermoelectric/indirect evaporative cooler,
including the half dry channel and half wet channel filled with fins. Primary air and secondary air
flow in a parallel flow pattern, and secondary air and water flow in a countercurrent flow pattern. The
control volume finite difference method is used for heat and mass transfer process in wet channel
and the lumped parameter method is used in the dry channel. Some necessary assumptions are
made to simply the model (Liu et al., 2013., Shourideha et al., 2018). Only the important equations
will be presented here.
According to the standard equations of TEC performance, the heat absorbed and released for TEC
modules, Qc and Qh, can be given by (Zhou and Yu, 2012),

1


Qc  n  0 ITc  K0 (Th  Tc )  R0 I 2 
2



Eq. (1)

1


Qh  n  0 ITh  K0 (Th  Tc )  R0 I 2 
2



Eq. (2)

Th and Tc are the individual cold and hot junction temperatures of the TEC module.
The heat released and the heat absorbed by TEC modules for each segment of the wet and dry
channel, dQh and dQc can be given by,

dQh 

Qh
dz  K h dAh (Th  Th,w )
H

Eq. (3)

dQc 

Qc
dz  KcdAc (Tc  Tc,w )
H

Eq. (4)

Th,w is the wall temperature in wet channel. Tc,w is the wall temperature in dry channel.
The heat balance per unit height of the wet channel can be expressed by the following equations,

dQh  dQa  dQw

Eq. (5)

dQa  dQs  dQl  [ha (Tw  Ta )  rwkd,a (Ww  Wa ) ]( Lf f  Lb )dz

Eq. (6)

ηf is local fin efficiency in wet channel, which can be estimated by (Zhou et al., 2014),

f 

tanh(mb)
2h
, b  H f / 2, m  ( f )1/ 2
mb
w f

Eq. (7)
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β is the surface wettability factor, and is set as 0.8 for analysis (Duan, 2011). The appearance of
condensation leads to sensible and latent heat transfer in dry channel. When condensation occurs,
the latent heat transfer dQp,l should be considered as (Li et al., 2018),

dQp,l  rwkp,d (Wp,w  Wp )Ldz

Eq. (8)

Condensation factor ϭ was chosen to describe condensation situations of dry channel in equations,
the value equals 1 while condensation exists, and equals 0 while there exist no condensation.
When recirculating water is used, no heat is taken or given by the water, thus,
H

 dQ

w

0

Eq. (9)

0

In order to evaluate the overall performance of the system, dew-point effectiveness Ԑdb and
coefficient of performance (COP) for the proposed system need to be calculated as,

 db 

Tp1  Tp2
Tp1  Tpd

COP 

Qc
N

Eq. (10)

Eq. (11)

2.3. Results and discussions

The performances of the proposed TIEC system with and without considering the condensation
from primary air are analyzed based on the established mathematical model. The commercial
Bi2Te3 based semiconductors are selected as thermoelectric materials (Zhou and Yu, 2012). In this
paper, the inlet secondary air temperature is set as 28℃, relative humidity as 50% and the velocity
as 3 m/s. The length and width of the channel are all 0.4 meters, and the width of channel is 5mm.
The pitch of fin in wet channel is 10mm and the thickness is 0.2mm.
Figure 2 shows the variations of COP and dew point effectiveness Ԑdb with the working electric
current I and number n of TEC modules with inlet temperature of primary air (Tp1) as 35℃ and three
different relative humidity of primary air RHp. It can be seen that larger I and n could result in lower
COP but higher Ԑdb. Figure 2 also shows that without considering the condensation from primary air,
COP is independent of the RHp, however, Ԑdb increases when the RHp increases due to the increase
of the dew point temperature. In Figure 2 (a), with considering the condensation, and the RHp as
20%, the condensation occurs in dry channel when I bigger than 1.6A. With the RHp as 40%, the
condensation occurs when I is bigger than 0.6A. And With the RHp as 60%, the condensation
occurs when I is smaller than 0.5A. The condensation from the primary air would decrease both
COP and Ԑdb. The reason is that the condensation in dry channel increases the thermal load at the
cold side of the thermoelectric modules, resulting in a reduction in the total cooling capacity. Figure
2 (b) further shows both the COP and Ԑdb decrease once condensation occurs when the n is bigger
than 10 with RHp as 40% and I as 0.5A. As RHp increases to 60%, the amount of condensation
increases dramatically which leads to a remarkable influence on COP and Ԑdb.
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Figure 2: (a) COP and Ԑdb versus the I under different RHp; (b) COP and Ԑdb versus the n under
different RHp.

Figure 3 presents the influence of RHp on COP and Ԑdb. In Figure 3, condensation occurs when RHp
reach 40.4% with n as 10 and I as 0.5A. With n as 15 and I as 0.5A, condensation occurs when RHp
is larger than 36.2%. And when n is 10 and I is 1A, condensation occurs while RHp smaller than
30%. Figure 3(a) shows that without condensation, COP remains constant with varying RHp. The
turning point of RHp from non-condensation to condensation state decreases with the increase of I
and n. This is because higher the I and n are, faster the cold side temperature of TEC module will
decrease down to below the dew point temperature of primary air which makes condensation occur
in lower RHp. Figure 3(b) indicates that Ԑdb increase monotonously with the increase of RHp.
Addtionally, the effect of condensation on COP and Ԑdb gradually increases as the RHp increases.

5
Figure 3: (a) COP versus the RHp; (b) Ԑdb versus the RHp.

Figure 4 depicts the variation curves of COP and Ԑdb versus the Tp1. When the Tp1 increases from
25℃ to 45℃ under given n and I, the temperature difference between primary air and wall
increases, leading to the increase of COP and Ԑdb. In Figure 4(a), when RHp is 40%, condensation
occurs with Tp1 higher than 35℃. And with RHp as 60%, condensation already occurs while Tp1 is
smaller than 25℃. Figure 4(b) further shows that the upward trend of Ԑdb gradually becomes flatter
and eventually changes little with Tp1 under condensation state. The reason is that the latent heat
released by condensation water results in the increase of wall temperature in dry channel as well as
outlet air temperature Tp2.
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Figure 4: (a) COP versus the Tp1; (b) Ԑdb versus the Tp1.

Figure 5 presents the variation curves of COP and Ԑdb versus inlet velocity of primary air Vp. In
Figure 5(a), COP increases with the increase of Vp under given condition. That can be explained by
the fact that while keeping the size of heat exchanger unchanged, the increase of Vp would result in
a higher mass flow rate, leading to a larger cooling capacity. It can be observed that with RHp as
40%, condensation occurs when Vp is higher than 2.75 m/s. And with RHp as 60%, condensation
already occurs while Vp is smaller than 0.5 m/s. The reason is that the increase of Vp weakens the
heat transfer while the parameters of secondary air keep constant. Figure 5(b) further shows that
the appearance of condensation reduces the value of Ԑdb due to the increase of Tp2. Moreover,
Figure 5 also shows that with RHp as 60%, there exist a maximum reduction of COP and Ԑdb
considering condensation when Vp is 4m/s and 1.25m/s respectively.

Figure 5: (a) COP versus the Vp; (b) Ԑdb versus the Vp.

3. CONCLUSIONS
A novel numerical model of thermoelectric assisted IEC system considering condensation from
primary air has been established. The performance of the system is theoretically investigated under
non-condensation state and condensation state. The highlighted results can be concluded as
follows: (1) Condensation occurs in dry channel when primary air temperature decreases lower than
saturated temperature, which would risie the wall temperature in dry channel and weakens the
performance of system by reducing the COP and Ԑdb values. (2) The influence of condensation on
COP and Ԑdb would rise dramatically with the increase of RHp. Thus, it is important to take
condensation from primary air into consideration when designing a thermoelectric assisted indirect
evaporative cooling system. (3) Influences of temperature and inlet velocity of primary air, Tp1 and
Vp, on COP and Ԑdb between non-condensation and condensation state also have been analyzed.
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Compared with COP, the influence of condensation on Ԑdb is more obvious when Tp1 increases. And
the variation of Vp would cause a maximum reduction of COP and Ԑdb while condensation occurs.
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A
cp
h
kd
K0
n
Q
R0
T
V
p
ηf
β
s
l

NOMENCLATURE

area (m2)
specific heat (J/kg∙K)
heat transfer coefficient (W/m2∙K)
mass transfer coefficient (kg/m2∙s)
total thermal conductance of TEC
module (W/K)
number of TEC modules
heat transfer rate (W)
total electrical resistance (Ω)
temperature (K)
velocity (m/s)
primary air
fin efficiency
surface wettability factor
sensible
latent

b
H
I
K

base plate (m)
height of the heat exchanger (m)
electrical current (A)
total heat transfer coefficient (W/m2∙K)

L

length of the heat exchanger (m)

N
rw
RH
W
δ
α0
a
Ԑdb
λ
w

power consumption (W)
specific enthalpy of water vapor (J/kg)
relative humidity(%)
humidity ratio of air (kg/kg)
thickness(m)
seebeck coefficient (V/K)
secondary air
dew point effectiveness
thermal conductivity (W/m K)
water
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ABSTRACT
Reducing the impact of refrigeration systems is crucial to environmental sustainability.
Therefore, lower global warming potential (GWP < 250) refrigerants are a priority. As R-404A
is a higher GWP mainstream refrigerant, characterization of mildly flammable (class A2L)
potential replacements was performed for this study. Examination of system properties, such
as pressures, capacities, COPs, and mass flow rates was completed. Soft-optimized testing
was also conducted, including minor equipment changes.
Results are given for XL40 (R-454A), XL20 (R-454C), R-455A, and R-459B. Equipment
testing in a commercial refrigerator shows that A2Ls are viable alternatives to R-404A, with
similar-to-better performance achieved with relatively minor system changes. Lubricant
effects on compressor performance were also examined.
Safety considerations for use of A2Ls in new ACR equipment is also discussed, with regards
to recently developed / in-process international standards work.
Keywords: A2L, Compressor, COP, Energy, Freezer, GWP, HFC, HFO, LFL, Lubricant,
R-454A, R-454C, R-455A, R-459B, Refrigerant, XL20, XL40.

1. INTRODUCTION
Regulatory directives are leading ACR systems towards lower GWP refrigerants. Given
R-404A’s relatively high GWP, many blends have been formulated to replace it. The use of
nonflammable products, such as XP40 (R-449A) (Minor 2015) and XP44 (R-452A), are
growing globally. Yet still lower GWP options are needed to meet certain regulations (e.g. EU
F-Gas 2014). Mildly flammable (A2L Safety Rating - ANSI / ASHRAE Standard 34-2016)
HFO-based blends offer very low GWP solutions for self-contained equipment. These
refrigerants allow for larger charge sizes than the highly flammable (A3 Safety Rating)
hydrocarbons. As such, more equipment types may consider A2Ls as replacements. Design
compatibility with R-404A equipment is also highly desirable for system OEMs, as this may
help reduce the cost of implementing future refrigerant options.
Four mildly flammable (A2L) refrigerants were tested - XL40, XL20, R-455A, and R-459B.
XL40 and XL20 are binary blends of R-32 / R-1234yf, while R-455A also uses CO2, and the
R-459B blend uses R-1234ze(E). Basic information on these refrigerants is listed in Table 1.
Refrigerant performance was characterized using soft-optimized system testing in an upright
two-door R-404A freezer. The results of these tests were then compared to the R-404A
baseline data. Lubricant considerations were also examined for all four replacements.
Implementation of A2Ls, through certain international safety standards, is also discussed.
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Table 1: Refrigerant Blend Compositions, GWPs, & Safety Ratings

Product
R-404A
XL40
XL20
R-455A
R-459B

2.

Nominal Blend Composition
GWP100 Yr.
Safety
(by weight %)
(AR4 / AR5)
Rating
44.0% R-125 / 52.0% R-143a / 4.0% R-134a
3,922 / 3,943
A1
35.0% R-32 / ****
65.0% R-1234yf
239 / 238
A2L
52.0
****
21.5% R-32 / 78.5% R-1234yf
148 / 146
A2L
44.0
**** / 75.5% R-1234yf
3.0% CO2 / 21.5% 21.5
R-32
148 / 145
A2L
****
65.0
****
21.0% R-32 / 69.0% R-1234yf
144 / 143
A2L
4.0 / 10.0% R-1234ze(E)
****
78.5
****
THERMODYNAMIC PROPERTIES
& THEORETICAL PERFORMANCE

Close operating properties are vital for replacement refrigerants, as this may allow OEMs to
minimize equipment redesign. Thermophysical properties of all five refrigerants are shown in
Table 2. Normal boiling points are similar for XL20, XL40, and R-459B, but slightly lower for
R-455A. This can be attributed to R-455A’s CO2 content. Critical points are higher for the
alternatives, which may contribute to better high ambient performance. XL20 and R-459B
have lower pressures than R-404A, while the pressures of XL40 are close. Liquid densities
of the replacements are close to those of R-404A, while vapor densities are all significantly
lower. This would likely result in lower mass flow rates for the alternatives, relative to R-404A.
Table 2: Refrigerant Thermophysical Properties

Normal Boiling Point (°C)
Critical Point Temp. (°C)
Liquid Pressure @ 25°C (kPa)
Vapor Pressure @ 25°C (kPa)
Liquid Density @ 25°C (kg/m3)
Vapor Density @ 25°C (kg/m3)

R-404A
-46
72
1255
1241
1044
65.3

XL40
-48
82
1344
1164
1021
48.1

XL20
-46
86
1191
977
1042
44.5

R-455A
-52
84
1393
1044
1035
45.8

R-459B
-45
87
1163
948
1051
43.0

Idealized thermodynamic cycle simulations were performed for all five refrigerants. Relative
performance was estimated for a low temperature application at 35°C / -28°C Condenser /
Evaporator temperatures, 13.3K / 3.9K Subcooling / Superheat, and 70% compressor
isentropic efficiency (see Table 3). These conditions were selected using the last minute of
pull-down for the R-404A freezer baseline test runs. XL40 showed higher capacity than
R-404A, while R-455A was similar, and XL20 and R-459B were both lower. All replacements
showed slightly higher COPs than R-404A. XL40 was a close pressure match to R-404A,
while the other alternatives showed lower operating pressures. Discharge temperatures were
higher for all replacements. For XL20 and R-459B, the differences are small enough that
discharge temperature mitigation may not be required in certain low temperature applications.
However, for XL40 and R-455A, discharge temperature control may be required, particularly
for higher ambient conditions. R-455A also produced the largest temperature glides.
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Table 3: Thermodynamic Cycle Performance Comparison

Capacity (Relative to R-404A - %)
COP (Relative to R-404A - %)
Mass Flow Rate (Relative to R-404A - %)
Suction Pressure Δ (from R-404A – kPa)
Discharge Pressure Δ (from R-404A – kPa)
Discharge Temperature Δ (from R-404A – K)
Evaporator Temperature Glide (K)
Condenser Temperature Glide (K)

R-404A
100
100
100
N/A
N/A
N/A
0.5
0.4

XL40
106
103
73
-10
14
19.5
4.7
5.1

XL20
89
104
81
-45
-208
10.1
5.6
7.0

R-455A
98
103
78
-26
-52
14.7
7.4
10.2

R-459B
86
104
80
-53
-250
10.7
6.1
7.5

3. EQUIPMENT TEST SETUP
Refrigerant performance was evaluated in an R-404A double-door standalone upright reach-in
freezer, with a top-mounted refrigeration skid. The freezer was instrumented and placed in a
controlled constant temperature room. Internal volume of the refrigerated box was 1.5 m 3.
The refrigeration circuit used a reciprocating compressor and adjustable TXVs feeding a dual
evaporator assembly. Factory charge was 1.05 kg of R-404A / 1.15 kg of ISO 32 grade POE.
Instrumentation used for this study included thermocouples, pressure transducers, a Coriolis
mass flow meter, and a digital power meter. A photograph of the equipment and diagrams of
the experimental setup are included in Figure 1. Seven thermocouples were used to measure
condenser temperatures, while five thermocouples were used on each evaporator assembly.

Figure 1: Equipment test setup

4. TEST PROCEDURES
Baseline system performance was established with R-404A. Test runs were conducted for a
target evaporator temperature of -30C, per OEM instructions, with ambient temperatures of
23.9C and 32.2C, in line with conditions used in ANSI/AHRI Standard 1200 (2013 version)
and AHAM HRF-1 (2016 version), respectively. Refrigerant temperatures, pressures, and flow
rates were captured throughout the system, as were compressor run times, system run cycles,
defrost times, and energy consumption. System tests were duplicated for repeatability.
After the R-404A baseline was established, the refrigerant was recovered and the system was
pulled into a deep vacuum (< 500 microns). The system was recharged with an alternative
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refrigerant, and tests were run to optimize refrigerant charge for energy consumption at the
32.2C ambient temperature. This process was repeated for each new refrigerant candidate.
TXV settings were also optimized for each replacement. Since the alternatives are higher
glide blends, performance was evaluated after adjusting the TXVs to match the average
evaporator temperature of R-404A for both ambient conditions. To produce equivalent test
conditions for each of the alternatives, matched average evaporator temperatures were
obtained by adjusting superheats at the suction inlet of the compressor. Results of these tests
are shown in section 5.

5. EXPERIMENTAL RESULTS
As part of the soft-optimization, charge size / TXV positions were adjusted for each refrigerant.
Results of these adjustments are given in Table 4. XL40 had the highest system charge (9.1%
higher than R-404A), followed by R-455A and R-459B with 4.4% higher. XL20 used 5.1%
less. TXV adjustments shown in Table 5, are the average of both TXVs. In general, TXV
superheat setting screws were adjusted inward, relative to R-404A. This is expected, as the
alternatives use significantly lower flow rates. XL20 required the least adjustment, overall.
Table 4: System Charge & Thermostatic Expansion Valve (TXV) Adjustments

R-404A Baseline (@ 23.9°C / 32.2°C)
XL40 Equivalent Average Evaporator (@ 23.9°C / 32.2°C)
XL20 Equivalent Average Evaporator (@ 23.9°C / 32.2°C)
R-455A Equivalent Average Evaporator (@ 23.9°C / 32.2°C)
R-459B Equivalent Average Evaporator (@ 23.9°C / 32.2°C)

System
Charge (g)
1,054
1,150
1,000
1,100
1,100

# Turns
Adjusted
+0 / +0
-½ / -⅛
+0 / +0
-⅝ / -½
-2½ / -2

Operating properties, captured for each refrigerant, are listed in Tables 5 and 6. Values shown
in these tables are averaged data from multiple test runs. When comparing operating
pressures, R-459B had the lowest suction and discharge pressures. The differences in values
shown for the 23.9°C ambient are similar to the simulated differences shown in Table 3 for
this blend. XL40 had the closest suction pressures while R-455A had the closest discharge
pressures. All the alternatives produced higher compression ratios than R-404A. R-459B had
the lowest values of the replacements, while R-455A had the highest. Discharge temperatures
were higher for all alternatives, and were the lowest for R-459B and the highest for XL40. This
again is consistent with the trends shown in Table 3. Mass flow rates of all the alternatives
were much lower than those of R-404A. Differences in mass flow rates are close in magnitude
to the differences in vapor densities of these products, as shown previously in Table 2.
Table 5: Refrigerant Operating Properties – 23.9°C Ambient

Suction Pressure (kPa)
Discharge Pressure (kPa)
Compression Ratio
Discharge Temperature (°C)
Mass Flow Rate (kg/hr)

R-404A

XL40

XL20

R-455A

R-459B

208.2
1662
7.98
79.1
50.2

192.4
1770
9.20
94.5
35.1

162.7
1427
8.77
86.4
32.7

179.3
1707
9.52
93.6
34.1

148.8
1298
8.72
82.4
29.7
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Table 6: Refrigerant Operating Properties – 32.2°C Ambient

Suction Pressure (kPa)
Discharge Pressure (kPa)
Compression Ratio
Discharge Temperature (°C)
Mass Flow Rate (kg/hr)

R-404A

XL40

XL20

R-455A

R-459B

222.0
2072
9.33
94.3
47.0

197.9
2101
10.62
109.6
32.2

160.0
1693
10.59
101.5
33.7

188.2
2016
10.71
107.8
36.1

155.8
1536
9.86
95.1
27.5

Freezer performance data is given in Table 7. Test runs with XL40 produced similar pull-down
times to R-404A. This is not surprising, given their similarity in capacity. However, XL20,
R-455A, and R-459B all produced longer pull-down times. This is expected for XL20 and
R-459B, as these are lower capacity blends. However, while R-455A is theoretically similar
in capacity to R-404A, its pull-down times were closer to those of XL20. As such, it appears
that R-455A’s CO2 content has little overall impact on evaporator capacity.
Table 7: Freezer Performance

Pull-Down Time @ 23.9°C (min)
Relative to R-404A (%)
Pull-Down Time @ 32.2C (min)
Relative to R-404A (%)
Energy Consumption (kWhr/day) @ 23.9°C
Relative to R-404A (%)
Energy Consumption (kWhr/day) @ 32.2°C
Relative to R-404A (%)
Compressor Run Time @ 23.9°C (%)
Compressor Run Time @ 32.2C (%)

R-404A
2.0
100.0
5.1
100.0
25.70
100.0
34.17
100.0
43.20
65.44

XL40
2.9
145.0
5.2
102.0
25.9
100.8
32.11
94.0
46.18
64.99

XL20
3.8
190.0
16.1
315.7
26.78
104.2
35.63
104.3
54.56
83.36

R-455A
3.4
170.0
11.7
229.4
28.08
109.3
36.51
106.8
54.52
83.23

R-459B
5.0
250.0
21.5
422.9
27.58
107.3
35.33
103.4
62.68
85.70

Daily energy consumption for XL40 was lower than R-404A overall (2.6% lower on average).
XL20 consumed 4.2% more energy, while average energy consumption of R-459B and
R-455A was 5.3% and 8.1% higher, respectively. While pull-down times for XL20, R-455A,
and R-459B were much longer than R-404A’s and XL40’s, the freezer ran for fewer cycles
each day with these blends. An overview of energy consumption is shown below in Figure 2.
While theoretically, all the replacements are more energy efficient than R-404A, only XL40
showed lower energy consumption during testing. However, this does not consider testing of
refrigerants in a system that is only optimized for R-404A. Modifying the system design to
better match the properties of each individual refrigerant would likely lead to improved
efficiencies for all the low GWP alternatives.
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Figure 2: Energy consumption vs. ambient temperature of R-404A alternatives

6. COMPRESSOR LUBRICATION
Overall impact of the HFO-based blends on lubrication was also examined. Oil sump
conditions were approximated using Pressure-Temperature measurements at the compressor
inlet. Daniel plots were developed for the alternative refrigerants with ISO 32 grade POE oil.
Kinematic viscosities were then determined for compressor inlet or sump conditions. Sample
results are shown in Table 8.
Results show similar working kinematic viscosities of R-404A and XL20. However, the
viscosities of XL40 and R-459B are roughly 10% lower, while for R-455A, 27% higher. These
changes in viscosity may impact compressor drag, potentially contributing to higher
efficiencies for XL40 and worsening performance for R-455A. Given the closeness of R-455A
and XL20, the higher viscosity may be attributed, in large part, to R-455A’s CO2 content.
Table 8: Lubricant Properties

Suction Pressure (kPa)
Suction Temperature (°C)
Kinematic Viscosity (cSt)
Relative to R-404A (%)

R-404A
208.2
-6.1
98.6
100

XL40
192.4
-4.5
89.6
90.9

XL20
162.7
-4.4
102.5
104.0

R-455A
178.6
-3.8
125.3
127.1

R-459B
152.3
-8.0
87.7
88.9

7. INDUSTRY ACTIVITIES & IMPLICATIONS FOR CODES & STANDARDS
Industry research continues to focus on enabling the safe use of flammable refrigerants in a
wide range of ACR applications, and understanding practical differences between the different
refrigerant safety groups (e.g. A2L vs A3). Results of this research help to inform and shape
safety standards and codes. Many of these learnings will help determine allowable refrigerant

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1091

charge sizes and help specify safety mitigation requirements needed to reduce the risks
associated with refrigerant leaks.
ISO 5149 (2014), an international, general safety standard for ACR systems, has considered
the relative safety of the different types of flammable refrigerants. Increasing charge caps
(m 1, m2, & m3), have been established for flammables, based upon their LFLs (Lower
Flammability Limits), in conjunction with increasing mitigation requirements. For class 2L
refrigerants, these caps are increased by a factor of 1.5, as opposed to those for class 2 and
3, “in recognition of the lower burning velocity of these refrigerants, which lead to a reduced
risk of ignition and impact”. Table 5 shows examples of charge sizes for different flammability
classes, based upon the limits established in ISO 5149-1. The charge limits of the A2L are ≈
3.5 times larger than the A2 and 11.5 times larger than the A3. A number of other safety
standards are also establishing refrigerant charge limits, based upon the LFLs of refrigerants.
This will allow for larger applications to be designed using A2Ls, as opposed to A2s and A3s.
Table 9: Examples of Refrigerant Charge Limit Caps Based on ISO 5149 (2014)

ASHRAE #

XL20 (R-454C)

R-152a

R-290

Safety Group
m1 (kg)
m2 (kg)
m3 (kg)

A2L
1.746
11.349
56.745

A2
0.520
3.380
16.900

A3
0.152
0.988
4.940

A recent AHRI study (AHRI Report No. 8017 - 2017) reported on testing of A2Ls with
residential ignition sources. One of the findings from this study is that many common ignition
sources will not ignite A2Ls. Safety standards, such as IEC 60335-2-40 (2018) are
differentiating what are ignition sources for A2Ls vs. A2s and A3s, based on flame arrest
enclosures, quenching effect, opening size, and electrical switch load levels. Since many
ignition sources for A2s and A3s may not be ignition sources for A2Ls, this may allow for
easier integration of electrical components by OEMs into system designs with A2Ls.
IEC SC61C is also in the process of updating the IEC 60335-2-89 standard to allow for larger
charge sizes of flammable refrigerants in self-contained commercial refrigerating appliances.
While this standard is still in the developmental stages, the proposed changes would
potentially allow for more applications to incorporate the use of flammable refrigerants.

8. CONCLUSIONS
Four mildly flammable, very low GWP refrigerants were tested and compared to R-404A in a
low temperature reach-in freezer. XL40 was designed to closely match R-404A’s
performance, while XL20, R-455A, and R-459B are lower GWP, falling under the <150 GWP
limit imposed by certain regional climate legislation. Of the four alternatives, XL40 produced
the closest performance match to R-404A. Pull-down times were close to those of R-404A,
with lower overall energy consumption (2.6% lower, on average). Pressures were also close.
However, for the XL20, R-455A, and R-459B blends, longer pull-down times and higher energy
consumption (4.2, 8.3, and 5.1%, on average, respectively) were observed. Equipment
redesign to match a replacement’s properties has the potential to improve performance.
Similar oil viscosities were observed for R-404A and XL20. R-455A had higher kinematic
viscosity, which could be a contributing factor to its higher energy consumption levels. XL40
and R-459B had slightly lower kinematic viscosities, which might facilitate improved
efficiencies. However, these viscosities do not appear to be low enough to detrimentally
impact compressor lubrication. XL20 produced close working viscosities to R-404A.
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Given the theoretical properties of these blends, an opportunity exists for improving energy
efficiency and LCCP, relative to R-404A, using very low GWP alternatives. Ongoing research
and updates to safety standards are helping to pave the way to greater use and acceptance
of these products within the ACR industry.

NOMENCLATURE
A1

lower toxicity,
no flame propagation

COP

coefficient of performance

A2L

lower toxicity,
lower flammability,
burning velocity ≤ 10 cm/s

E.A.E.T.

equivalent average evaporator
temperature

A3

lower toxicity, higher flammability

GWP

global warming potential

ACR

air-conditioning / refrigeration

HFC

hydrofluorocarbon

AHAM

Association of Home Appliance
Manufacturers

HFO

hydrofluoroolefin

ANSI

American National Standards
Institute

ISO

International Organization for
Standardization

AHRI

Air-Conditioning, Heating, &
Refrigeration Institute

LCCP

life cycle climate performance

AR4

IPCC Fourth Assessment Report

LFL

lower flammability limit

AR5

IPCC Fifth Assessment Report

POE

polyolester

TXV

thermostatic expansion valve

ASHRAE American Society of Heating,
Refrigerating, and Air-Conditioning
Engineers
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ABSTRACT
Most of the previously published flow pattern maps for plate heat exchangers have been based on
air-water experiments. In this study, vertical downward flow of condensing ammonia in a gasketed
plate heat exchanger is visualized. Polystyrene is tested on its chemical compatibility to liquid
ammonia and proven to be resistant for several days. A 25 mm thick transparent plate has been
machined from Polystyrene and Polymethylmethacrylaat with the same corrugation profile as the
stainless steel heat transfer plates. The study distinguishes between partial film and film flow and
the influence of mass flux and vapor quality is observed. The experimental operational conditions
are compared to a flow pattern map of air/water two-phase flow in plate heat exchangers and film
transition lines in mini-tubes. The results show that more visualization studies are required to extend
the applicability of the flow pattern map for different condensing fluids inside gasketed plate heat
exchangers.
Keywords: Two-phase flow, vertical downward flow, flow patterns, plate heat exchangers, flow
visualization, ammonia, condensation

1. INTRODUCTION
Plate heat exchangers (PHEs) have a wide range of applications due to their superior performance
in relation to favourable heat transfer coefficients (HTCs), compactness, design flexibility and thermal
effectiveness (Thulukannam, 2013). However, the two-phase behaviour inside the PHEs is yet not
fully understood, resulting in over- or underestimating by several published heat transfer and
pressure drop correlations, which are limited by the range of conditions they cover (Amalfi et al.,
2016). Tao et al. (2018) conclude that better predictions of flow patterns in plate heat exchangers
will improve the calculation of heat transfer and pressure drop. Flow patterns are determined visually
by an experimental setup where the flow is observed through a transparent plate. Flow patterns are
defined by the geometric configurations of vapor and liquid and are classified into four main flow
patterns: bubbly, slug, churn and film flow. The sequence of occurrence is based on the increase of
the vapor mass flux. Al-Zaidi et al. (2017), Arima et al. (2008) and Arima et al. (2011) conclude that
the average vapor quality also plays a significant role, as it is observed that a low vapor quality
corresponds to bubbly flow and a high vapor quality to film flow. It is expected that the various flow
patterns relate to different forms of heat transfer inside condensers. Vlasiogannis et al. (2001)
conclude that film flow shows particularly favourable heat transfer enhancement as compared to the
other flow regimes. Al-Zaidi et al. (2017) compared the flow patterns to the local condensation heat
transfer coefficient and concluded that for film flow the heat transfer coefficient (HTC) is largest. A
flow pattern map helps distinguish the various regimes in a graphical way. Tao et al. (2018) created
a flow pattern map for two-phase vertical downward flow in plate heat exchangers including the
property modifying group Λ, see Eq. (1), that enables the inclusion of fluid properties into the flow
pattern map.
−1/4

−1
Λ = 𝜇𝐿 𝜇𝑤
𝜌𝐿

1/4

−3/4 3/4
𝜎𝑤

𝜌𝑤 𝜎𝐿
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The axes of the flow pattern map make use of dimensionless groups: the liquid Reynolds number
Re𝐿 , and the two-phase Froude number Fr 𝑇𝑃 , see Eq. (2) and Eq. (3).
Re𝐿 = 𝐺(1 − 𝑥)𝑑ℎ 𝜇𝐿−1

Eq. (2)
−0.5

Fr 𝑇𝑃 = 𝑥𝐺(𝑔𝑑ℎ 𝜌𝐺 (𝜌𝐿 − 𝜌𝐺 ))

Eq. (3)

Flow visualization of pure ammonia condensing flow inside a corrugated vertical plate heat
exchanger has not been investigated previously. This study compares the results of pure ammonia
flow visualization in a vertical downward PHE to the flow pattern map constructed by Tao et al. (2018).
Section 2 explains the experimental setup and the performed research to enable the construction of
a durable transparent test plate. Section 3 explains the test procedure and section 4 discusses the
results of the visualization experiments.

2. EXPERIMENTAL SETUP
2.1.
Experimental Apparatus and Procedure
In cooperation with the Delft University of Technology, Bluerise B.V. constructed a small scale
OTEC-plant to test the performance of the OTEC-cycle and optimize its outputs. The 100 W OTEC
demo consists of an Organic Rankine cycle using pure ammonia as the working fluid. Figure 1 shows
a schematic representation of the experimental setup.

Figure 1: Experimental setup diagram of OTEC demo cycle

Pure ammonia is vaporized while flowing through the evaporator due to the counter current hot water
flow. The separator splits the remaining liquid ammonia from the vapor and sends it to the
recuperator, which acts as a preheater for the ammonia that is to be heated. The pure ammonia
vapor is sent through a turbine and is reunited with the ammonia liquid right before the test section.
The two-phase working fluid is condensed in the Gasketed Plate Heat Exchanger (GPHE) by a cold
water stream from the cold water tank. A sub-cooler and buffer tank are placed to guarantee that all
vapor in the working fluid flow is fully condensed by the time it reaches the process pump. The hot
water tank is heated by a heating coil and the cold water tank is connected to a refrigeration system.
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2.2.
Test Section for Visualization
The test section is a GPHE, containing a cold water channel and a working fluid channel. Table 1
gives the detailed geometric parameters of the stainless-steel plate used for heat transfer.
Figure 2 shows its schematic diagram.
Table 1: Geometric parameters of the heat transfer plates

Channel gap 𝑑𝑔
Chevron angle 𝛽
Corrugation pitch 𝑝
Corrugation wavelength Λ 𝑤𝑎𝑣𝑒
Effective heat transfer area 𝐴𝑒
Effective width heat transfer 𝐿𝑤

1.72 (mm)
63 (°)
7.5 (mm)
6.67 (mm)
0.537(m2 )
0.095 (m)

Plate length Lv
Plate pitch 𝑝𝑐𝑝
Plate thickness 𝑑𝑝
Plate width 𝐿ℎ
Port diameter 𝐷𝑝
Thermal conductivity 𝜅

0.668 (m)
2.3 (mm)
0.58 (m)
0.06 (m)
0.035 (m)
16.3 (W.m -1K -1)

Figure 2: Schematic representation of the corrugated heat transfer plates of the GPHE

The PHE includes a 95 cm x 12.5 cm transparent corrugated polymer plate that enables visualization
of the condensing ammonia on the working fluid side. This visualization plate has the same
geometric specifications as the heat transfer plate except for the plate thickness, which is 25 mm.
The plate is illuminated by a 500 cm LED strip including 300 LED’s that encircles the plate from its
sides twice. A 3000 fps high speed camera is placed in front of the visualization plate to capture the
flow patterns under varying operating conditions. Figure 3 shows the transparent polymer plate, the
visualization section including pressure plate and illumination and the placement of the camera.

Figure 3: Left) Corrugated visualization plate. Middle) Visualization section including illumination and
pressure plate. Right) Visualization section and high speed camera

2.3.
Material Selection of Visualization Plate
The challenge is finding a material that meets the following criteria: Chemically compatible to
ammonia, transparency, high strength (able to withstand an operational pressure up to 12 bar) and
machinable into the corrugation patterns. Arima et al. (2011) and Xue et al. (2013) use glass in front
of a flat plate. However, machining a brittle material such as glass into a corrugation pattern contains
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large risks on mechanical performance due its brittle structure (Lutgendorf, 2014). The latter stresses
the importance of finding a polymer (as is used by Al-Zaidi et al. (2017), Grabenstein et al. (2016),
Jassim et al. (2006), Tribbe & Muller-Steinhagen (2001) and Vlasiogannis et al. (2001)) that meets
the requirements. According to the material database CES Edupack (2018), Polystyrene (PS) is a
polymer that meets the optical, mechanical and machinability criteria. Generally, it is stated that this
material is chemically compatible to ammonia (CES Edupack, 2018) but it is not mentioned for which
experimental conditions this applies such as phase, temperature, pressure and the ammonia being
a pure fluid or a diluted mixture. Woishnis and Ebjesajjad (2012) show an extensive research on PS
stating that PS is highly compatible to an aqueous solution with 25% ammonia at room temperature
for years, but no data is found for pure ammonia. Therefore, several samples are placed in a
pressure vessel filled with pure, liquid ammonia at a pressure of 8 bar absolute and ambient
temperature for four days. The samples are machined into the desired corrugated pattern,
compressed onto each other by two stainless steel clamps.

Figure 4: Left) Samples before test. Middle) Frontal view samples after test. Right) Top view samples
after test

Fig. 4 shows the clamped corrugated samples before and after the test. The material shows a slight
bend and tiny damages on the locations of contact between the samples, but it did not reduce the
transparency significantly. A sheet of PS has a maximum thickness of 4.75 mm, onto which the
corrugated pattern is machined by a CNC-machine. The corrugated PS sheet is glued with a UV
light curing adhesive onto a PMMA plate of 20 mm thickness to benefit from the superior mechanical
properties that PMMA has relative to PS.

3. TEST PROCEDURE
The ammonia mass flux 𝐺𝑎 is determined by Eq. (4). The ammonia mass flow 𝑚̇𝑎 is measured by
flow meter F1, see Figure 1. The flow passage area 𝐴𝑓 is calculated by multiplying 𝐿𝑤 , the effective
heat transfer width with 𝑑𝑔 , the channel gap.
Eq. (4)

𝐺𝑎 = 𝑚̇𝑎 𝐴𝑓−1

The single phase condition at the outlet of the after cooler is used to determine the enthalpy of the
liquid ammonia. The average quality 𝑥̅ inside the GPHE is determined by Eq. (5). An energy balance
is used to determine the two-phase enthalpy at the inlet of the after cooler, which is assumed to be
the same as the enthalpy at the outlet 𝑥𝑜𝑢𝑡 of the GPHE. A second energy balance determines the
enthalpy of the ammonia at the inlet of the GPHE 𝑥𝑖𝑛 which is determined by Eq. (6). ℎ𝐿,𝑠𝑎𝑡 and ℎ𝑉,𝑠𝑎𝑡
represent the saturated liquid and vapour phase enthalpy of the ammonia at the inlet conditions of
the condenser.
Eq. (5)
𝑥̅ = 0.5(𝑥𝑖𝑛 + 𝑥𝑜𝑢𝑡 )
−1

𝑥𝑖𝑛 = (ℎ𝑖𝑛 − ℎ𝐿,𝑠𝑎𝑡 )(ℎ𝑉,𝑠𝑎𝑡 − ℎ𝐿,𝑠𝑎𝑡 )
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Experiments are performed where the mass flux 𝐺𝑎 is kept constant and the vapor quality 𝑥𝑖𝑛 is
increased. Both the influence of the mass flux and inlet quality on the flow configurations are
recorded for the top, middle and bottom windows.

4. EXPERIMENTAL RESULTS
For all recorded conditions, a framerate of 3000 fps with a resolution of 1024 x 1024 pixels is used.
The transparent plate remained intact for 7 days, but on the 8th day of performing experiments
degradation in the material was visible in the form of small cracks in the PS surface and crystal
shaped spots between the PS and PMMA layer that grew in size over time. It is concluded that PS
has a limited durability when in contact with pure ammonia.
4.1.
Flow Pattern and Path over the Length of the Heat Transfer Plate
For all performed experiments, no bubbles, slugs or churns were detected and only film flow and
partial film flow are observed. The path of the flow remained similar under the various circumstances.
Figure 5 shows the path of the flow over the different windows. Due to the shapes of the distribution
zone at the inlet, the liquid flow is pushed to the left which causes most of the liquid flow to disperse
turbulently over the left upper diagonal of the window. It is expected that in that zone also vapor is
present, but less than in the lower diagonal.

Figure 5: G = 92 kg/m2s, ̅
𝒙 = 0.27. Left) Top window. Middle) Middle window. Right) Bottom window

The area of the upper diagonal covered by mainly liquid decreases for smaller mass fluxes. This
area is indicated by the zones that reflect light in various directions. Most of the vapor flows at the
lower diagonal of the top window, indicated by a still image. In the middle window the corrugation
direction switches and this sudden change in flow direction causes the liquid to evenly distribute over
the corrugations in the lower part of the middle window. Less vapor is detected. The bottom window
is mostly covered in liquid and shows more laminar characteristics than the top window.
4.2.
Influence of Vapor Quality and Mass flux on flow configuration
A distinction can be made between film flow and partial film flow, see
Figure 6. Film flow includes a liquid layer on both plates while partial film flow leaves dry patches
when the amount of liquid film is limited and unable to cover the entire plate. If partial film flow occurs
in the GPHE and dry patches are present on the transparent plate, an opaque surface will be visible.
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Figure 6: Schematic representation of film flow and partial film flow inside the channel (side view of GPHE)

The distribution of the vapor phase and liquid phases differs at varying circumstances, see Figure 7.
Only the top window is represented in the figure since this window shows the varying configurations
most clearly.

Figure 7: a) G = 42 kg/m2s, 𝒙𝒊𝒏 = 0.26. b) G = 42 kg/m2s, 𝒙𝒊𝒏 = 0.69. c) G = 80 kg/m2s, 𝒙𝒊𝒏 = 0.19. d) G = 80 kg/m2s,
𝒙𝒊𝒏 = 0.34

From Figure 7 a, b, at a constant mass flux but increasing vapor quality the vapor contact area
increases. With a lower mass flux, the contact between the transparent plate and vapor turns the
surface opaque, indicating a zone of dry-out, i.e. partial film flow. With a higher mass flux, Figure 7
c, d shows an enhanced turbulent flow of the upper diagonal, in the figure indicated by the higher
amount of light reflectance. The lower diagonal shows a clear surface, even when the vapor quality
is increased, indicating film flow. An increased liquid entrainment in the lower diagonal wets the
surface of the transparent plate that causes the clarity of that area. The lower diagonal shows no
light reflectance indicating a film flow with laminar characteristics, see Figure 7 c, d.
4.3.
Comparison of Results to Flow Pattern Map by Tao et al. (2018)
The operating conditions of the experiments are represented in Fig. 8. Fig. 8 shows a flow pattern
map constructed by Tao et al. (2018) for plate heat exchangers that makes use of the dimensionless
quantities 𝑅𝑒𝐿 and 𝐹𝑟𝑇𝑃 which account for gravity, viscous forces, inertia and fluid properties. This
construction is based on results from previous visualization experiments for two-phase vertical
downward flow of mainly air-water mixtures in plate heat exchangers. The viscosity, surface tension
and vapour-liquid density ratio of ammonia locate its operating conditions at high values of the yaxis. In this operating range also Tribbe & Muller-Steinhagen (2001) have identified film and partial
film flow conditions. Fig. 8 also shows the film and film-slug transition lines which apply for mini-tubes
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(see Tao et al., 2018). This indicates that the film transition line, most probably, is located at higher
values of Re𝐿 than expected from the air-water experiments. More visualization studies with a wider
range of experimental conditions on condensing flow of pure ammonia in vertical PHE’s are required
to accurately describe the flow pattern behaviour of pure ammonia in this type of heat exchangers
and extend the applicability of the flow pattern map for different fluids.

film

film-slug

Figure 8: Experimental operating conditions shown in simplified flow pattern map of two-phase flow in PHEs by
Tao et al. (2018) based on air/water data, including the film transition lines in mini-tubes (indicated with blue
lines) reported by Tao et al. (2018)

5. CONCLUSIONS
The flow morphology of pure ammonia in a vertical downward GPHE has been captured. A
corrugated visualization plate is produced from transparent PS by a CNC-machine and has proven
to be chemically compatible to pure ammonia for several days and mechanically resistant to a
condensation pressure up to 7 bar absolute. For all conditions introduced, film flow and partial film
flow is observed. The flow patterns were most visible on the top window, where most of the liquid
phase covers the left upper diagonal and most of the vapor the lower diagonal of the window. An
increased vapor quality increases the area of dry-out (partial film flow) on the visualization plate.
Increasing the mass flux enhances the turbulence of both phases, creating more liquid entrainment
in the lower diagonal resulting in film flow. The operating conditions during the performed ammonia
condensation experiments (liquid Reynolds number and two-phase Froude number) have been
indicated in the flow pattern map constructed by Tao et al. (2018). The results indicate that the film
flow and partial film flow transition line needs to be moved to higher values of the Re𝐿 than indicated
in the flow pattern map which is mainly based on air-water experiments. More visualization studies
are required to extend the applicability of the flow pattern map for different condensing fluids inside
GPHE’s.
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NOMENCLATURE
Abbreviations
GPHE
HTC
LED

Gasketed plate heat exchanger
Heat transfer coefficient
Light emitting diode

𝑝
𝑝𝑐𝑝
Re
𝑥

Corrugation pitch [mm]
plate pitch [mm]
Reynolds number [-]
Vapor quality [-]
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OTEC
PHE
PMMA
PS
Symbols
𝐴𝑒
𝐴𝑓
𝑑𝑔
𝑑ℎ
𝑑𝑝
𝐷𝑝
Fr
𝑔
𝐺
ℎ
𝐿ℎ
𝐿𝑣
𝐿𝑤
𝑚̇

Ocean
thermal
energy
𝑥̅
conversion
Plate heat exchanger
Greek
Polymethylmethacrylaat
𝛽
Polystyrene
𝛬
Λ 𝑤𝑎𝑣𝑒
2
𝜅
Effective heat transfer area [m ]
2
𝜇
Flow passage area [m ]
Channel gap [mm]
𝜌
Hydraulic diameter [m]
𝜎
Plate thickness [mm]
Subscripts
Port Diameter [m]
𝑎
Froude number [-]
𝐺
𝑖𝑛
Gravitational constant [ms −2]
−1 −2
𝐿
Mass flux [kgs m ]
𝑜𝑢𝑡
Enthalpy [Jkg −1 ]
Plate width [m]
sat
Plate length [m]
TP
Effective heat transfer width [m]
𝑉
𝑤
Mass flow [kgs −1]

Average vapor quality [-]
Chevron angle [°]
Property modifying parameter [-]
Corrugation wavelength [mm]
Thermal conductivity [Wm−1 K −1 ]
Dynamic viscosity [Pas]
Density [kgm−3 ]
Surface tension [Nm−1 ]
Ammonia
Gas
Inlet conditions
Liquid
Outlet conditions
Saturated
Two-phase
Vapor
Water
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ABSTRACT
The miniaturization of absorption heat pump is mainly restricted by the conventional shell-and-tube
absorber which requires large heat and mass transfer area. This paper proposed a novel type of
plate-fin flat heat pipe absorber (PFFHPA) with compact structure and low metal consumption. In
this paper, by building the mass balance equations, energy balance equations, phase equilibrium
equations of ammonia-water and heat and mass transfer characteristic equations, a twodimensional numerical model is developed to simulate the heat and mass transfer process of the
absorber. The model takes account of the distribution of liquid-phase temperature and
concentration, heat transfer coefficient and absorption rate. A parametric analysis is also
conducted to assess the effect of inlet conditions and pressures on the absorption performance. As
expected, the novel structure is conducive to a great volume reduction of the absorber by 70% and
thereby the entire volume of absorption heat pump system can be greatly reduced in comparison
with the conventional heat pump with shell-and-tube absorber.
Keywords: Absorber, Compact, Absorption, Mass transfer

1. INTRODUCTION
Heat driven absorption cycle has attracted much attention in heating field in recent years, which
provides a possibility of generating power in an environment-friendly way. However, due to its large
size and complicated piping layout, traditional large-scale heat pump is difficult to be widely
promoted in common residential buildings, office buildings and villas. Therefore, the miniaturization
of the unit has great application prospects in the heating field. In the absorption system, the
absorber conventionally accounts for the largest heat transfer area, so the compactness of the
absorber is the key to the system miniaturization.
In order to achieve the compactness of absorber, much research has been done on enhancing the
heat and mass transfer in the absorption process at home and abroad. Yang et al. developed
computational models and conducted numerical simulation on the heat-pipe falling film absorber
[J.C. Yang, 1997]
. Zheng and Chen designed an air-cooled LiBr absorber with precooling adiabatic
absorption, and conducted an experimental study on the mass transfer performance of the
adiabatic falling film absorption outside smooth tube [F. Zheng, 2002]. Bie et al. designed a LiBr
absorption refrigerator consisting of plate-fin heat exchangers, whose volume was only 42% of the
conventional shell-and-tube system [S.J. Bie, 2002]. Chen and Li proposed double dimensional cross
wave surface plate lithium bromide aqueous falling film absorber. Compared with common wave
surface plate, the overall heat transfer coefficient could be increased by 30% [Y.P. Chen, 2002]. Cui et al.
proposed a plate falling film absorber with film inverting configuration, the special design of the flow
channel of solution can timely cool the high-temperature surface of the solution [X.Y. Cui, 2005]. Chen et
al. proposed to destroy and regenerate liquid film by installing stainless steel corrugated gauze
structured packing in order to enhance mass transfer process [L. Wang, 2006]. Shang proposed an aircooled falling film absorber with louvered fins and analyzed the influence of the structural
parameters of the fin on the system performance by developing computational models [R. Shang， 2008].
Zhang et al. proposed a plate-and-fin absorber with wire-meshed fins, the heat and mass transfer
area is effectively expanded [N. Zhang, 2011]. Fang and Wang investigated a heat pipe absorber with a
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transverse groove, whose heat and mass transfer coefficients were about 2-3 times and twice of
the smooth tube absorber [S.Q. Fang, 2012]. Yan et al. proposed applied ultrasound technology to
adiabatic absorber, combining the advantages of both ejector and ultrasonic wave, realized the
small-scale air-cooled and high efficiency of solar absorption chiller [X.n. Yan, 2017]. Bassols et al.
produced an ammonia absorption refrigerator all consisting of plate-fin heat exchangers. The 1
MW unit had only 1/24 the volume of the common absorption refrigerator [Bassols J, 1995].
Flamensbeck et al. designed an absorber based on liquid-liquid plate-type heat exchange and
adiabatic jet absorption, whose heat transfer coefficient achieved as high as 2-2.7kW/(m2K) while
the area was only half of common falling film absorber [Flamensbeck M, 1998]. Islam et al. proposed a
tubular falling film absorber whose absorption rate was increased by 100% compared with
traditional absorber under testing conditions [Islam Md R, 2003]. Meacham and Garimella vertically
stacked a number of horizontal tubes with micro-channels inside which the coolant flew and
designed a perforated drip dispenser for solution. The refrigeration capacity was 1.5kW when the
heat transfer area was 1.456m2 [Meacham J. M, 2004]. Goel and Goswami designed a kind of metallic
mesh to optimize the distribution of the solution and the wetness degree of the coolant pipe surface.
The heat transfer coefficient was increased by nearly 50% compared with no mesh. Simulation
results showed that 25% of the volume can be saved under the same refrigeration capacity [Goel N,
2005]
. Faisal et al. performed a steady-state heat and mass transfer analysis of a water-lithium
bromide membrane based absorber, where the solution film thickness and velocity could be
controlled independently. Simulation results showed that the absorption rate was increased by
three times when the solution film thickness was reduced from 2 mm to 0.5 mm [Asfand F, 2015].
In this paper, a novel plate-fin flat heat pipe absorber is designed and studied, as shown in Fig. 1.
A set of flat plate heat pipes (4) are arranged as shown in Fig. 2, with the evaporation ends as the
absorption section (1) of the absorber and the condensation ends as the cooling section (2).
Absorption section fins (3) are installed between adjacent flat heat pipes as shown in Fig. 3. Weak
ammonia water solution enters from (5-1), falls along the wall of the rectangular channels formed
by the flat heat pipes and the fins, and flows out of (7) after absorbing ammonia vapor coming from
(6) in counter-current pattern. The absorption heat is transferred to the cooling section via the flat
heat pipes and is taken away by the cooling fluid coming from (8). The absorber takes advantage
of the thermal homogeneity between the evaporation side and condensing side of the flat heat pipe
to release plenty of absorption heat, while the fins greatly increase heat and mass exchange area.
This novel structure brings about the advantages of small size, excellent heat and mass transfer
performance, low metal consumption and thereby low cost. The dimension parameters of flat heat
pipes and fins are shown as Table 1.

Figure 1: Plate-fin flat heat pipe absorber profile

1：Absorption section
2：Cooling section
3：Absorption section fin
4：Flat heat pipe
5-1：Weak solution entrance
5-2：Weak solution channel
5-3：Mental head
6 ：Ammonia vapor entrance
7 ：Concentrated solution exit
8 ：Cooling liquid entrance
9 ：Cooling liquid exit

Figure 2: The top cutaway view of absorption section Figure 3: The left cutaway view of absorber
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Table 1. Dimension parameters of flat heat pipes and fins

Structural parameters
Width of flat heat pipe (m)
Height of the absorption section(m)
Height of the cooling section(m)
Thickness of flat heat pipe(mm)

Value
1.2
1
0.4
3.2

Structural parameters
Distance between flat heat pipes(mm)
Spacing of fins(mm)
Thickness of fins(mm)
Number of flow channels

Value
5
2.86
0.2
21

2. MATHEMATICAL MODEL
In order to simplify the simulation without affecting the modeling accuracy much, following
assumptions are made:
1. System pressure is constant, and the absorption process is assumed to be in steady state.
2. Thermodynamic equilibrium exists at the liquid-vapor interface.
3. The heat transfer surface is completely wet.
4. Heat losses to the environment are negligible.
5. Heat of convection between vapor and interface is negligible.
6. Water vapor and non-absorbable gases in ammonia vapor are ignored.
7. Neglecting the entrance effect, the concentration, temperature and velocity of solution are
uniformly distributed along the circumferential direction at the entrance.
The mathematic model of two-dimensional steady heat and mass transfer is set up by the following
differential equations:
Energy conservation equation of cooling liquid:

 (mc H c ) 
Mass conservation equation of solution:

1 *  1
Tl  Tc
R *    *
h1   h2
R  L1 L2 ,

Eq.(1)

ml  m

Eq.(2)

 (ml  xl )  m

Eq.(3)

Component mass conservation equation of solution:
Energy conservation equation of solution:

 ( ml H l ) 

Tl  Tc
 li
 L1 L2  hli (Ti  Tl )  mH
R  L1 L2

Eq.(4)

Energy conservation equation of liquid-vapor interface:

 v  L1L2  hli (Ti  Tl )  mH
 li
mH

Eq.(5)

Mass conservation equation of ammonia vapor:

mv  m

Eq.(6)

Energy conservation equation of ammonia vapor:

 v
(mv H v )  mH

The heat transfer coefficient between cooling liquid and flat heat pipe

hl  0.026(

Eq.(7)
[D. Azbel, 1984]

c
) Re 0c .82 Prc0.32
sp

:

Eq.(8)

The heat transfer coefficient between solution and flat heat pipe [W. Wilke, 1969]:


l

h2  1.88( l )

Eq.(9)

The thickness of solution film can be expressed as[Yih S.M, 1987]:
1
2 1
 l  0.91 Re l3 ( l ) 3
g

Eq.(10)

The liquid-side mass transfer correlation can be expressed as [Eremisinoff I, 1986]:
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K li  0.1099 Re l0.3955 Scl0.5 Daw (

g

1

)3
2

l

Eq.(11)

The similarity between heat and mass transfer processes can be utilized to deduce the analogous
heat and mass transfer coefficients [T.H. Chilton, 1934]:

h3  C p  M  (

2

Scl 3
)  K li
Prl

Eq.(12)

For steady state, the mass flow of the vapor absorbed by the weak solution is given by:

m  Kli ( xi  xl )

Eq.(13)

Boundary conditions：

tl (1, j )  tl 0 ; xl (1, j)  xl 0 ; ml (1, j )  ml 0 tv (m, j)  tv0 ; mv (m, j )  mv 0 ; tc (i, n)  tc 0 Eq.(14)

The mathematical model involves seven unknown quantities: temperature of cooling fluid tc,
temperature of solution tl, concentration of solution xl, mass flow rate of solution ml, temperature of
liquid-vapor interface ti, mass flow rate of ammonia vapour mv and temperature of ammonia vapour
tv. Taking into account the phase equilibrium, the enthalpy of liquid-vapor interface is a function of
pressure and temperature, while the enthalpy of liquid film requires pressure, temperature and
concentration to be jointly determined. Totally implicit difference scheme is used to discretize the
equations in the calculation. The numerical solutions are obtained by Newton's iterative method.

3. CONCLUSIONS, RESULTS AND DISCUSSION
By solving the model of plate-fin flat heat pipe, the field distribution of each physical quantity on the
two-dimensional plane of flat heat pipe under rated working conditions is obtained. The numerical
solutions of can visually show the distribution of temperature and concentration field distributionof
the absorber under stable working conditions, while mass transfer rate characterizes the mass
transfer effect of the absorber, and thermal resistance characterizes the heat transfer effect
between coolant and solution.
Table 2. Rated working conditions

System parameters
Value
System parameters
Value
Pressure(bar)
3.3
Mass flow rate of ammonia vapor(kg/s) 0.33
Mass flow rate of solution(kg/s)
1.2 Inlet temperature of ammonia vapor (℃) 14
Inlet temperature of solution (℃)
58
Mass flow rate of coolant(kg/s)
30
Inlet concentration of solution(kg/kg) 0.15
Inlet temperature of coolant (℃)
43
3.1.

Analysis of Temperature and Concentration Field Results

Figs. 4 to 5 are two-dimensional temperature nephograms of coolant and solution. It can be seen
intuitively from the figure that the temperature of the coolant has obvious changes along the both
directions. The temperature of the coolant increases along its flow direction, and the temperature
near the inlet of the diluted solution is higher than that at the outlet of the concentrated solution.
This is because the solution absorbs ammonia vapor and emits a large amount of heat, which
causes the temperature of the solution to rise. Since the coolant takes away this heat, the overall
temperature of the solution decreases, that is, the outlet temperature of solution is lower than the
inlet temperature. Therefore, the coolant temperature near the outlet of solution is also lower. The
temperature of the solution decrease along the flow direction of the falling film, and the decreasing
rate increases gradually. The reason is that the concentration of the solution increases with the
increase of ammonia absorption, that is, the mass transfer impetus in the inlet section is greater
than that in the outlet section. Therefore, the absorption of the solution in the entrance section is
intense, so a large amount of absorption heat released. The latent heat (i.e. absorption heat)
cannot be removed by coolant in time, resulting in a slow temperature drop of the solution in the
entrance section. With the decrease of the absorption rate, the latent heat load gradually
decreases, the solution can be cooled more quickly by the coolant, so the solution temperature
decreases quickly as well as the liquid-vapor interface temperature. As the temperature of the
solution decreases continuously, the temperature difference between the solution and the coolant
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gradually decreases and thereby the heat transfer rate decreases, so the declining rate of the
temperature decreases gradually.

Figure 4: Nephogram of coolant temperature
field

Figure 5: Nephogram of solution temperature
field

The simulation results show that the absorber can generate 590 kW heat in a volume of 0.295 m3,
and its effective heat and mass transfer area volume ratio can reach 212m2/m3. Compared with
other literatures and experiments of the same heating capacity, the tube type can save 43% of the
volume and realize the compactness of the absorber.
3.2.

Effect of Pressure on the Performance of Absorber

Absorption pressure is an important factor affecting the absorption effect, which directly affects the
saturated concentration of ammonia components at the liquid-vapor interface, that is, the mass
transfer driving force. The effect of pressure on mass transfer is analyzed in detail. Figs. 6-7 shows
the effect of pressure on mass transfer.
Fig. 6 shows that with the increase of the pressure, the mass transfer coefficient affected by
viscosity and density increases, and the concentration difference of mass transfer also increase.
This is because the saturation concentration of ammonia at the liquid-vapor interface is higher than
low pressure. Therefore, as shown in Fig. 7, the increase of the pressure leads to the increase of
mass transfer rate and the enhancement of the absorption process, which is conducive to the
miniaturization of the absorber.
However, it should be noted that this conclusion is only for absorber components. If the absorber is
placed in the whole heat pump system, the increase of the absorption pressure means the
increase of the evaporation temperature, so the temperature of the solution entering the absorber
rises, which is not conducive to the absorption process. Without considering the inlet temperature
change of the solution, the increase of the pressure is beneficial to strengthen the absorption
process of absorber and increase its heating capacity.

Figure 6: Variation of mass concentration Figure 7: Variation of mass transfer rate along
difference and transfer coefficient along the the absorber length at various pressure
absorber length at various pressure

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1106

3.3.

Effect of Inlet Cooling Conditions on the Performance of Absorber

There is a lot of latent heat released in the absorber, and the key to enhance the absorption
process is to take the latent heat away in time. Therefore, the cooling capacity of coolant directly
affects the performance of the absorber. Fig. 8 shows the effect of the coolant inlet temperature on
mass transfer.
With the increase of the inlet temperature of coolant, the mass transfer driving force decreases.
The reason is the increase of the solution temperature caused by the decrease of the heat transfer
temperature difference between the coolant and the solution. At a certain pressure, the increase of
solution temperature leads to the decrease of saturated concentration of ammonia components at
liquid-vapor interface and the decrease of mass transfer concentration difference. Therefore,
variation of mass transfer rate at various inlet temperature of coolant is drawn as shown in Fig. 8. It
can be seen that the absorption effect decreases with the increase of the inlet temperature of the
coolant. Therefore, as shown in Fig. 9, with the increase of the inlet temperature of the coolant, the
heating capacity of the absorber decreases due to the weakening of the absorption effect.

Figure 8: Variation of mass transfer rate along Figure 9: Variation of heating capacity at
the absorber length at various inlet temperature various inlet temperature of coolant
of coolant

3.4.

Effect of Inlet Conditions of Solution on the Performance of Absorber

The inlet condition of the solution is one of the important factors affecting the performance of the
absorber. With the increase of the inlet temperature of the solution, the mass transfer rate only
decreases with the increase of solution inlet temperature in the entrance section, and then remains
basically unchanged. However, the difference of heat transfer temperature in the absorber
increases, and the heat transfer effect is greatly enhanced. Therefore, as shown in Fig. 10, with the
increase of the inlet temperature of solution, the heating capacity of the absorber increases.
As shown in Fig. 11, with the increase of the inlet concentration of the solution, the absorption
effect is significantly weakened. Therefore, the heating capacity of the absorber decreases with the
increase of the inlet concentration of solution.

Figure 10: Variation of heating capacity at
various inlet temperature of solution

Figure 11: Variation of mass transfer rate along
the
absorber
length
at
various
inlet
concentration of solution
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4. CONCLUSIONS
In this paper, the working performance of a novel plate-fin flat-plate heat pipe absorber is simulated.
The simulation results show that: in order to improve the heat and mass transfer effect of the
absorber, the absorption pressure can be increased appropriately; the inlet temperature of the
coolant should be reduced or the mass flow rate of the coolant should be increased; the inlet
temperature of the solution should be increased or the inlet concentration of the solution be
reduced. In order to evaluate the compactness of the absorber, the concept of compactness is
introduced: f/V, f is the effective heat transfer area of heat exchanger, V is the volume of heat
exchanger. In order to characterize both compact structure and heat transfer performance, the
concept of heat transfer compactness is introduced: kf/V, which is the result of heat transfer
coefficient times compactness. The compactness f/V of the new absorber can reach 212 m2/m3
and kf/V can reach 371 kW/(K·m3). Compared with the traditional tubular absorber (f/V:127 m2/m3
and kf/V:177 kW/(K·m3))[Zhuoming B C , 2003], the new absorber has much miniaturization application
value.

NOMENCLATURE
Cp
Daw
g
h
H
K

L1
L2
m
M
ṁ
Pr
R
Re
Sc

Specific heat, J/(kg·K)
volumetric diffusivity, m2/s
Acceleration due to gravity, m/s2
Heat
transfer
coefficient,
kW/(K·m2)
Enthalpy, kJ//kg

T
x
μ
υ

Temperature,℃
Mass fraction of ammonia
Dynamic viscosity, Pa·s
Kinematic viscosity, m2/s

λ

Mass
transfer
coefficient,
kg/( m2·s)
Length of ammonia water solution
flow, m
Length of coolant flow, m
Mass flow rate, kg/s
Molecular weight, kg/kmol
Ammonia
mass
flow
rate
absorbed per area, kg/( m2·s)
Prandtl number
Thermal resistance, (K·m2) /kW
Reynolds number for falling film
Schmidt number

δ

Coefficient of thermal conductivity,
kW/(K·m)
Thickness,m

Subscripts:
0
1
2
c
v
i
l

Entrance status
Flat heat pipe cooling section
Flat heat pipe absorption section
Coolant/cooling fluid
Ammonia vapor
Liquid-vapor interface
Liquid film
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ABSTRACT
The paper presents the results of experimental studies confirming the impact of crystallization
parameters and water chemical composition on distribution of modifiers introduced into the ice
massif. Criteria of choice of compounds to modify the ice properties to be applied at sport and arctic
facilities are offered, the mechanism of further compounds migration depending on direction of heat
removal and operation conditions is given. The possibility to increase the ice strength properties by
introduction of microdoses of modifying compounds was proved experimentally as well as
appropriateness of additional reinforcement using up-to-date high-strength fibers. The ice structure
obtained was visualized. Examples of testing of the technology developed to form ice covering in
sports facilities are cited; the perspectives of their application in arctic regions were estimated too.
Keywords: Ice, Crystalline Structure, Modifying Compounds, Strength, Choice Criteria

1. INTRODUCTION
The structure and macro properties of water ice depend on many factors the majors of which are as
follows: water chemical composition, crystallization rate, mode of the ice massif formation and heat
removal from the crystallization front, ice age as well. The current work investigates the method of
impact of high-molecular compounds-modifiers introduced into water for ice covering. It agrees well
with the basic ideas of crystallography and makes it possible to change natural ice properties
purposefully due to creation of a regular structure in which the compounds introduced are distributed
in the intercrystalline space and play the role of damper and so, reduce the intensity of intercrystalline
interactions (Arkharov and Goncharova, 2010).The relationship between the structure of the solid
phase and solidification conditions has been actively studied in metallurgy. However, the
fundamental difference of the current problem is that products made of metals are operated at
temperatures substantially lower than their melting point; but the water ice structure has to “work” at
temperatures close to the melting temperature. Therefore, in metals, the distribution of alloying
additives occurs in the process of alloy crystallization and remains almost unchanged; but in the ice
there is a redistribution of the compounds introduced under the impact of temperature and
concentration gradients. This is of great importance for sports facilities as, during operation, ice is
cut and filled with clean hot water, which activates the diffusion process and contributes to the
redistribution of the compounds introduced. Therefore, in the process of research, the factors were
first identified that determine the initial distribution of the modifying compounds introduced over the
depth of the ice massif, and then the patterns of their subsequent redistribution during operation.The
task of using ice as a construction material for construction was relevant for countries with large
areas in the cold climate zone. Canada and Russia have many years of experience in operating ice
structures created from ice due to natural cold. However, the main obstacle to more extensive use
of ice has always been its insufficient strength and high fragility. And so, research in the field of
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hardening of ice structures and the creation on their basis of composite building materials are
relevant and in demand, especially in the Arctic region. In the world of professional sports, most
records in ice sports are directly linked with the artificial reduction of the friction coefficient between
skate and ice. A significant improvement in sliding as a result of the introduction of structurizing
additives is described in the works (Kietzig, 2010) and is used by many leading sports countries.
These countries actively make use of fundamental and engineering science achievements to obtain
new national and world records. Therefore the Congress of International Skating Union (ISU) held
in Budapest (Hungary) in 2006 accepted a resolution on requirements of observance of equal
conditions for all competitors.

2.

EXPERIMENTAL STUDY OF PHYSICAL AND MECHANICAL PROPERTIES OF
MODIFIED AND REINFORCED ICE STRUCTURES

The paper submits the visualization of the crystalline structure of modified ice and results of study of
its mechanical properties. The study was carried out in laboratory and at real sports facilities.
2.1. Selection of chemical compounds groups to improve strength and tribological ice
properties
2.1.1. Criteria of selection of chemical compounds groups to improve strength and tribological ice
properties
Chemical compounds were chosen using V.A. Kargin principle that established the interaction
between the configuration of macromolecules of modifiers introduced into ice and expected
parameters of ice created: strength, elasticity, plasticity. On this basis considering the
stereochemistry of water molecules hydrogen bonds we offered the criteria that might be
symbolically divided into two groups. The first group represents criteria that are general for all types
of engineering problems, the second one - criteria that are different for sports facilities and the Arctic
considering particularities of ice formation and modified ice operation. It is proposed to consider the
following criteria as general:
1. Environment and human safety.
2. Chemical inertness. At simultaneous introduction of several compounds of different functional
purposes, the mixture components should not enter into chemical interaction - the principle of “a
passive neighbor”.
3. Low temperature of crystallization or “vitrifying”. During the crystallization of solutions, pure water
first freezes out, and the introduced compounds are dislocated in the intercrystalline space, creating
a damping substance. Therefore, the solidification temperatures of the compounds introduced that
form the eutectic should be below minus 8-10° C at sports facilities and ambient temperatures in the
Arctic region (down to minus 60-70°C).
4. Minimum viscosity maintained over the entire operating temperature range.
5. The flexibility of the molecular chain, which determines the ability of the macromolecule to change
the shape and linear dimensions without breaking the valence bonds of the polymer chain. The
structure of water with tetrahedral symmetry is the most rigid, acting as “scaffolding” in which the
molecules of the introduced compounds should be embedded.
6. Similarity of selected compounds to the structure of natural biopolymers. This approach is justified
by the fact that the systems of living nature are necessarily hydrated, and the orientation of their free
H-bonds coincides with the direction of free H-bonds of water, through which the connection takes
place. This criterion is the final common criterion for the tasks of sport and the Arctic. Criteria relating
only to sports ice are designated by the letter S, and to the Arctic tasks - by the letter A. The reduction
of resistance to sliding on ice may be achieved by reducing the deformation component of friction F def
as a result of the appearance of a liquid film in the contact zone and the adhesive component Fadh by
decreasing the surface tension of this film. Therefore, the additional criteria for sports tasks are as
follows:
7.S. High surface activity. The compounds introduced into the ice structure must belong to the group
of surface-active substances (SAS), be pushed to the surface as the water layer crystallizes and
reduces the surface energy of the liquid formed in the contact zone.
8.S. High molecular mass of a polymer. For organic compounds according to the Traube’s rule and
the Shishkovsky equation, the surface activity increases as their molecular mass increases.
9.S. Anti-friction properties to reduce sliding friction.
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For the northern regions, the main task is to enhance the strength properties of ice when exposed
to different loads of various types. Therefore, the criterion of Arctic tasks is as follows:
7.А. Surface inactivity of the compounds introduced which interact with water more actively than
between themselves. As a result, most of the molecules are entrained in the volume of water and
the modifying compounds are captured by the crystallization front and remain inside the ice after
freezing, reducing the intensity of intercrystalline interactions, they do not rise to the surface.
The above criteria allowed a systematic approach to the selection of compounds for the modification
of ice and move away from the unproductive search of polymers based on general and intuitive
considerations.
2.1.2. Results of criterion selection and visualization of ice structures obtained
In accordance with the listed criteria and functional purpose, the following groups of modifying
compounds were formed. The first group – compounds for reducing the resistance to sliding and
minimizing the dry friction zone. For this purpose the organic silicon compounds were chosen, in particular, the
organic silicon liquids (OSL) (oils). The pour point of most OSL is minus 60 - 80°C and below. They have
physical and chemical inertness, hydrophobicity, high compressibility and minimal dependence of
viscosity on temperature, as well as a flexible and mobile basic molecular chain. The second group,
functionally designed to reduce the adhesion component of friction, mainly includes fluorinecontaining compounds. They are distinguished by high cold and heat resistance, surface activity, the
best anti-adhesive properties. However, fluoroplastic is insoluble in water, therefore, to modify the
properties of ice, it was proposed to use fine (0.05-0.1 μm) aqueous suspensions of
polytetrafluoroethylene (PTFE), stabilized by surface-active substances. An additional advantage of
PTFE is maintaining the minimum coefficient of friction at low temperatures. Microemulsions based
on the mixture of fluoride-organic silicon and organic silicon SAS of different structure are also
included in the second group. Whereupon all compounds introduced in micro doses are chemically
stable, safe for a human organism, and the fluoroplastic of brand marks applied is accepted to be
used in medicine. For the Arctic region, the most important is to reduce brittleness and increase the
strength properties of bending, compression and shock loads. So, the third group includes polymers
with rubber-like properties and surface inactivity: organic silicon rubbers with phenyl groups at
necessary freeze resistance (to minus 130о С), high strength properties and the linear expansion
coefficient close to ice. To confirm the hypothesis put forward about the localization of introduced
compounds in the intercrystalline space, the structure of modified ice was studied using Quanta
3DFEG and Quanta 250 multifunctional raster cryoelectronic microscopes (manufactured by FEI
Company). Fig. 1.b shows an image of an ice sample modified with PTFE at a magnification of 1000
x, in which the crystal boundaries are clearly visible; and Fig.1.а shows separate ramified fragments
of macromolecules PTFE that are well seen at a magnification of 5000 x. The presence of fluorine
in the area of white ramified particles was defined by energy-dispersion analysis (as illustrated in
Fig. 2.a). The analysis showed the expressed peaks in the areas F and C in the result window as
the main elements included in the PTFE molecules. For comparison Fig.2.b shows the result of
analysis of the dark area free from particles of foreign substances. There are no pronounced peaks,
except the peak in the zone responsible for the oxygen content, in accordance with the composition
of the water molecule. Lately leading sports countries actively make use of fundamental and
engineering science achievements to obtain new national and world records. With this the Congress
of International Skating Union (ISU) held in Budapest (Hungary) in 2006 accepted a resolution on
requirements of observance of equal conditions for all competitors.
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Figure1: Image of the ice sample surface from above

Figure 2: Results of energy dispersed analysis of ice samples different zones

2.2. The effect of crystallization rate on the distribution of modifiers in the ice massif.
The results of basic research on the effect of water crystallization rate on the ice structure obtained
are correlated: the lower the speed the more gaseous inclusions and defects of the crystal lattice
have time to relax and go to the surface (Shavlov et al., 2007). However, when modifiers are
introduced into water, their initial distribution through the depth of the ice massif also depends on the
properties of the compounds themselves: surface activity, molecular configuration, length of the main
chain and molecular mass. Thanks to chemical passivity and significant differences in the molecular
structure they do not form a united diffusing medium and migrate in the ice “body” at different
intensity.
Thus, the molecules of organic silicon compounds at a molecular mass not exceeding103 a. u. are
most likely to rise to the surface, and the heaviest PTFE macromolecules at 10 6 – 107 a. u. are
captured by the crystallization front and fixed in the ice layer formed. Further at periodical cutting
and pouring with pure hot water their concentration in the surface layer decreases. It leads to
redistribution of compounds in the ice massif under action of thermal and concentration components
of diffusion. The connection of the processes of the simultaneous heat and mass transfer may be
established by Onsager theorem (reciprocity theorem) (Beckman, 2016). The velocity of these
processes is adopted proportional to the concentration gradient (for mass transfer) and temperature
gradient (for heat transfer). In the one-dimensional problem and for each of the components of the
mixture, the following system of differential equations takes place:
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Eq. (1)
Eq. (2)
where C is concentration of diffusing substance; a is the coefficient of temperature conductivity; D m
is the coefficient of molecular diffusion; D t is the coefficient of thermal diffusion; Q is a specific heat
of isothermal transfer; k T=Dt/Dm; Cp is heat capacity.
In the absence of a mathematically formalized description of the geometry of the intercrystalline
space, which determines the values of the thermal diffusion coefficients included in the equations, it
is impossible to describe analytically the migration of the components of the diffusant, which is a
complex system of various chemical compounds. Hence, in the present work a mathematical model
of heat and mass transfer was not created, but precision modeling and experimental study of the
effect of crystallization rate and mixture composition on the distribution of modifiers in the ice mass
and strength characteristics of ice obtained were carried out. Below are cited the results of
experimental investigations of modifiers distribution through the ice depth at one-dimensional
removal of heat to coolant circulating in the flagstone. The investigations were carried out in
laboratory. After freezing the ice massif obtained was mechanically divided into layers 1mm thick
using a precision cutter. Then, the concentration of modifiers using a permanganate oxidation index
in each melt was defined. This index characterizes the total organic phase content. To more
accuracy of data the melts composition was analyzed by conductometric and spectroscopic methods
of element analysis. The results of studies conducted by the authors earlier (Goncharova et al., 2015)
showed that the compositions of the mixtures, and the optimum concentration range of the
compounds introduced, are determined by the character, method of application of the loads and the
duration of their action.
In speed skating the total water concentration of modifiers should not exceed 20 ррm; at load
increasing and shock loading (figure skating, bobsleigh) the concentration may reach 150-200 ppm.
Fig.3.A illustrates the initial modifiers distribution in the ice layer 15 mm thick at concentration of the
water mixture introduced ξmi = 20 ppm and 150 ppm at the same rate of crystallization. It is seen that
both curves are identical for mixtures without PTFE: practically invariable concentration of modifiers
in inner ice layers with abrupt increasing up to the ice surface. But the concentration ratio on the
surface and in the massif remained invariable at different concentrations in poured out water and
was about 5 to 1. For PTFE mixtures (green curve) the dependence is different: most of ingredients
remained in the ice massif which was a consequence of the significantly large size of
macromolecules. Besides, exactly the crystallization rate regulated by coolants temperature exerted
a considerable impact on modifiers distribution as shown in Fig. 3.B. The higher the crystallization
rate, the greater the number of molecules captured by the crystallization front and fixed in the inner
layers of ice. And vice versa, at low rate the surface activity of macromolecules introduced allowed
them going to the surface and staying in the upper ice layer. Hence, the freezing rate is the main
instrument to regulate the modifiers distribution in the ice massif.
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Figure 3: Modified substances distribution to the massif depth

2.3. Laboratory tests of strength properties of modified and reinforced ice
2.3.1. Research methods
The recommendations of the International Association of Hydrologic Studies (IAHS) were taken into
account when developing the test program on bending and selection of geometrical ratios of ice
samples. The samples were parallelepipeds at 150 mm x 50 mm x 25 mm sides and were frozen
under identical conditions. The study of the strength properties of ice samples was carried out on
the plant Zwick / Roell Z050, allowing to change the rate of the load application to the sample in the
range from 1 to 100 mm per minute and to maintain a constant temperature in the test chamber. The
measurements error was not higher 0.25% of load measured and not more 0.2 m at measuring the
sample deformation (Buznik et al., 2018).
2.3.2. Results of studies of strength on bending of modified ice samples
In the process of testing, the maximum loads for samples of PTFE modified and two types of organic
silicon microemulsions were determined experimentally. Water was poured by layers of 1-1.2 mm
and frozen at one-dimensional heat removal. The concentrations ranged from 20 to 500 ppm at
individual compounds introduction and to 10000 ppm at introduction of mixtures on the basis of these
compounds. The analysis of experiments resulted in following conclusions:
-greater effect is achieved when modifiers are introduced in the mixture but not individually;
-mixture introduction into water allowed increasing strength characteristics at three-point bending
2.1-2.2 times, and deformation to destruction 1.6-1.8 times as shown in Fig. 4a.
-dependence of strength properties on concentration is of extreme character and the interval of
concentrations recommended is ~150-300 ррм as shown in Fig. 4b.

Figure 4: Dependence of strength characteristics on total concentration of modified substances
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2.3.3. Results of studies of modified ice samples reinforced by fibers
The same equipment was used to conduct the experiments on strength of ice samples with the
mixture of modifiers and basalt reinforced by fibers; ice samples were placed at different level from
the bottom, the aim was to study a synergic impact of both factors. The most promising results
obtained for samples reinforced by basalt fibers at 2 mm level from the lower border of the sample
are shown in Fig. 5.A. The blue line shows the tension deformation of the sample frozen of distilled
water. And the red line presents the tension deformation of the sample modified by PTFE mixture,
organic silicon oils and emulsions at ratio 1:1:1. Fig.5.B demonstrates an external view of the sample
during the test and after the load is removed. The reinforcing by basalt fibers leads to a significant
increase of maximal strength (from 2.5 to 8.4 MPa) at bending σbмах fixed during the test of the
distillate sample; the sample conserves its integrity up to linear deformation of 22-23 mm. The same
reinforcing using basalt and introduction of modified mixture contributes to increasing σbмах value to
10 MPa and keeping carrying capacity of the sample at higher level of 8 MPa at deformations of 2530 mm. A reciprocal disposition of curves makes it possible to suppose that modified compounds
introduction stops the cracks development at the expense of damping substance in the
intercrystalline space and the fibers contribute to keeping the sample integrity even after a partial
destruction.
2.4. Comparative tests of ice strength properties of sports ice coverings
During natural experiments we compared a short-time shock impact of a sportsman skate on modified ice
coverings and coverings with frozen pure water. For this purpose we developed a plant imitating a touchdown
of a sportsman after jumping as illustrated by Fig. 6.A. It consists of a metal acceleration trestle and a heavy
shock element made on the basis of the figure skate blade as shown in Fig. 6.B.

Figure 5: Study of ice samples reinforced by basalt fibers

Besides the visualization estimation of ice destruction, a quantitative evaluation of the volume of the
emerged crack was realized. The crack was fully filled with water by a syringe and then the liquid
volume was defined. Fig.6. C shows the result of the first experiments. The torn borders of the skate
trace and significant volume of destructions of the ice massif are well seen: 1.6-1.8 ml liquid. After
deposition of 3 layers of ice ~ 1,5 mm thick, modified with PTFE mixture, organic silicon oils and
microemulsions at total concentration of 10 ppm, the trace left by the imitator after touchdown is not
deep, crack borders are even, crumbs are practically absent (as shown in Fig. 6.D); the average
volume of ice break doesn’t exceed 0.8 ml that is almost half as much as on pure ice.
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Figure 6: Plant imitated the shock at a sportsman touchdown (A, B), damages of ice massif (C, D)

Natural tests of modified ice confirmed qualitatively and quantitatively the effect of strengthening the
ice structure during shock impact. Hence, at shock impact on modified ice the cracks development
is stopped due to a liquid substance in the intercrystalline space that later contributes to regelation
and crack healing of ice layers destroyed.

3. CONCLUSIONS

1. Introduction of modified mixtures in water for pouring ice covering increases significantly the
maximum strength at three-point bending up to 2.1-2.2 times and deformation to destruction 1.6-1.8
times.
2. In combination with reinforcing, modified ice may support loads exceeding the strength of distillate,
keep integrity after cracks emerged, and it may be used as a construction material in the Arctic
region.
3. Criteria formulated may be applied for selection of groups of chemical compounds in order to
purposeful changing the properties of natural ice depending on its function.
4. Efficiency of use of ice modifiers in sports ice facilities when short-time destructive impact occurs
was proved experimentally.
5. It was shown that the freezing rate and mixtures composition were the main instruments to impact
on modifiers distribution in ice as well as on its physical and mechanical properties
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ABSTRACT

Most fluorinated hydrocarbons that shall replace refrigerants with high GWP, like R134a, are
flammable. For evaluating inertization measures for explosion protection, flammability of low-GWP
refrigerants R1234yf, R32 and R1132a blended with carbon dioxide, nitrogen and argon were
studied experimentally in a closed autoclave at atmospheric conditions. Furthermore, a calculation
method was adapted to reduce the experimental costs for flammability studies on these gas
mixtures. For igniting R1234yf in the closed autoclave a newly developed ignition system was used
that allows generating electric arcs with high ignition energy. Gas mixtures containing the mildly
flammable R1234yf and R32 could be inerted by adding much less inert gas than mixtures
containing R1132a, which is more similar to unfluorinated hydrocarbons regarding the explosion
regions. By using the adapted model of constant adiabatic flame temperature profiles estimating
the explosion limits of fluorinated hydrocarbons was possible with similar accuracy as for
unfluorinated hydrocarbons.
Keywords: Explosion Protection, Inertization, Flammability, HFOs, HFC,.R1234yf, R32, R1132a.

1. INTRODUCTION
Because of new environmental regulations related to existing international agreements, including
the Montreal and Kyoto Protocols to avert stratospheric ozone depletion and global climate
change, the need for a new generation of refrigerants is increased over the past years (Calm,
2008). Especially substitutes for R134a, one of the most common refrigerants are demanded. The
gradual phase-out of R134a or R134a-based refrigerants like R410A, is motivated because of its
high global warming potential (GWP).
The hydrofluoroolefine (HFO) R1234yf and the hydrofluorocarbon (HFC) R32 are considered
promising next generation refrigerants with low GWP for different applications. One of the main
issues of using these refrigerants, however, is their flammability. Both refrigerants are classified as
mildly flammable (class 2L according to ANSI/ASHRAE 34, 2016) to distinguish them from highly
flammable substances like hydrocarbons. However, flammability must be considered for safety
evaluation, if R1234yf or R32 are used, which is not necessary in case of using R134a, which is
not flammable. One possible approach to avoid flammable atmospheres when using mildly
flammable refrigerants is inertization by adding inert gases. However, experimental determination
of explosion regions in ternary systems of fuel gas, inert gas and air is quite elaborate and
therefore, only few data is available in literature.
In this work, the inertization of gas atmospheres containing the mildly flammable low GWP
refrigerants R1234yf and R32 and the flammable R1132a (class 2 according to ANSI/ASHRAE 34,
2016) by adding different inert gases should be studied. For this purpose, the explosion regions for
ternary systems containing refrigerant, inert gas and air were determined experimentally with
different inert gases in a closed vessel in accordance with EN 1839 (2017) -bomb method. Then,
the applicability of the model of constant adiabatic flame temperature profiles (CAFTP) should be
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studied for calculating the explosion regions of these substances (Askar et al., 2010). Semi
empirical calculation methods based on adiabatic flame temperature calculations like the CAFTP
model are very appropriate for calculating the explosion limits of hydrocarbons as already shown in
several works (e.g., Giurcan et al., 2013; Ma, 2013; Mashuga and Crowl, 1999; Thiel-Böhm, 1991).
The high experimental effort for explosion limit determination could be reduced significantly by
using the models also for estimating the explosion limits of fluorinated hydrocarbons.

2. EXPERIMENTAL PROCEDURE AND CALCULATION METHOD
2.1. Experimental Set-up and Test Procedure
For the experiments a test set-up in accordance with EN 1839 -bomb method (2017) was used.
The ignitions were carried out in a closed spherical autoclave made of stainless steel with an inner
volume of 14 dm3. The autoclave was heated to the test temperature with heating sleeves. An
exploding wire igniter was used as described in EN 1839 (2017). A 0.12 mm nichrome wire was
used, which was soldered over the tips of two isolated brass electrodes in a distance of 5 mm. The
electrical power was supplied by an isolating transformer generating the electrical arc with ignition
energy between 10 J and 20 J. The ignition energy induced into the gas system is calculated by
measuring the current and voltage development during the ignition process. Only in the tests with
R1234yf, the electrical power was provided by a newly developed capacitor ignition device that
allows generating electrical arcs with higher ignition energy (Askar et al., 2018). The ignition
energy was between 950 J – 1150 J in these tests. As shown in previous works, R1234yf is difficult
to ignite in closed systems with the usual ignition energy of 10 J – 20 J (Davis et al., 2017; Kondo
et al., 2011).
Temperature was measured near the center of the autoclave with 1,5-mm-thermocouple, type K,
class 1. Pressure was measured with piezoresistive pressure transducers (company: Keller, type:
PA-10). The measuring uncertainty of the pressure sensors is better than 0.2% full scale (FS). For
measuring the explosion pressure, a pressure sensor with a measuring range up to 10 bar was
used. For mixture preparation a pressure sensor with a measuring range up to 2 bar was used. For
measuring the vacuum pressure, a Pirani Gauge was used with a measuring uncertainty of 15%
(company: Edwards, type: APG-M). The test apparatus as a whole was calibrated by determining
the explosion limits of methane as reference substance as specified in EN 1839 (2017).
All test substances used in the ignition test had a purity of minimum 99.5%. The compressed air
used in the tests was dry and free from oil. The mixtures were prepared directly in the spherical
autoclave before each ignition according to the partial pressure method. For that the heated
autoclave was first evacuated until the pressure was less than 1 mbar. Afterwards, the test mixture
was prepared by adding the single components of the ternary mixture according to their accordant
partial pressures. It was assumed that the partial pressure fractions of the components are equal to
the molar fractions (ideal gas). As shown by Kondo (2011) the deviation for atmospheric pressure
is less than 0.1 % in relative values for the tested substances. Since the explosion regions of
R1234yf are slightly enlarged at high humidity (JSRAE, 2017), initially water vapor was added up
to a partial pressure of 10 mbar (i.e. 1 mol%) in all ignition tests with R1234yf. The test
temperature for the tests with R1234yf was increased to 60 °C. In all other tests, the test
temperature was 40 °C and no water vapor was added.
The test mixtures were homogenized by a PC-fan that was installed inside the autoclave for at
least three minutes. Finally, the PC-fan was turned off and after another waiting time of at least 30
s the ignition was triggered in the quiescent mixture. Simultaneously data acquisition was started.
The measuring frequency was 20,000 Hz in the first 10 ms for calculating the ignition energy.
Then, it was switched to 2,000 Hz for recording the following pressure development. In accordance
to EN 1839 (2017) an explosion was defined as pressure rise of at least 5% after triggering the
ignition source (pressure rise criterion). Because of the much higher ignition energy in the tests
with R1234yf, the pressure threshold for detecting explosions was increased to 50% plus the
pressure rise of 16% caused by the ignition source itself, when it is triggered in the same ignition
vessel with pure air yielding to a pressure rise criterion of 66% (Askar et al., 2018). After each
ignition, the test apparatus was purged with air or nitrogen for several minutes.
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The mixture composition was varied from test to test in steps of 0.5 mol%. Until the lowest and the
highest fuel gas fractions were found, at which no explosions are observed. These compositions
were validated by four repetition tests respectively. The apex of the explosion region in the ternary
diagram was determined by varying the fuel gas and the air fraction systematically according to the
short method described in EN 1839 (2017).
2.2. Calculation Method
The explosion limits were calculated according to the semi-empirical model of constant adiabatic
flame temperature profiles as described in (Askar et al., 2010). According to this model, it is
assumed that a gas mixture can be ignited if the calculated adiabatic flame temperature of this
mixture exceeds a certain threshold temperature. This threshold temperature is independent from
the type of inert gas and the initial temperature (Burgess and Wheeler, 1911). The adiabatic flame
temperatures for the compositions at the experimentally determined explosion limits in the ternary
systems of refrigerant, nitrogen and air were calculated first. So, the threshold temperatures for
each refrigerant in dependence from the inert gas concentrations were obtained. Then, these
temperature profiles were used as reference to calculate the explosion limits for ternary gas
mixtures with other types of inert gas (i.e. carbon dioxide or argon) by finding compositions with
calculated adiabatic flame temperatures equal to the corresponding reference flame temperature of
the combustible-nitrogen-air-system.
Flame temperature calculation was carried out by using the software GasEq (Morley, 2019). For
the thermodynamic calculations the main product species formed during the combustion of the
fluorinated hydrocarbons identified by Magnusson et al. (2016) were considered additionally to the
product species formed during the combustion of usual hydrocarbons. The thermodynamic
parameters of these species were obtained from the standard database of the software GasEq,
NASA thermodynamic data sets and the Database of New NASA Polynomials (Morley, 2019;
Gordon and McBride,1994; Goos et al., 2018). The following species were considered products for
flame temperature calculation:
C, CH4, CO, C2H6, C3H8, C2H4O, CH3, CH2O, H, H2, OH, O, O2, CH3CHO, HCO, CH, CH2, CO2,
H2O, N2, CN, NH3, NO, NH2, NH, N, C8H2, Ar, C3H2F4, COF2, HF, F2, F, CF4, CF, CH2F2, C2F4,
C2F6, C2H2, C6H6, FO, FO2, C2H4, C2H2F2.
For calculating the apex of each system, it was assumed that the ratio of combustible and air is
similar at the apex for all systems independent from the type of inert gas. Thus, the apex was
calculated by fixing the combustible/air-ratio and finding the inert gas concentration, at which the
calculated flame temperature was similar to the previously calculated flame temperature for the
mixture at the apex of the reference system.
Explosion limit calculation was carried out with an VBA algorithm using an Excel-macro and by
using a GasEq-interface for the flame temperature calculations (Askar et al., 2010).

3. RESULTS
3.1. Test Results
In Fig. 1 the explosion regions of R1234yf, R32, R1132a and the highly flammable R290 (propane)
adding the inert gases nitrogen, argon and carbon dioxide are shown in ternary diagrams. The
explosion regions of R290 were taken from Molnarne (2008). The other explosion regions were
completely determined experimentally in this work except for the upper explosion limit of R1132a in
air without inert gas, which was taken from CHEMSAFE (2016). In Table 1 safety characteristics
that can be derived from the ternary diagrams are summarized. The maximum oxidizing gas
concentration (MOC) is the largest oxygen fraction in a certain ternary system of flammable gas,
inert gas and air, for which the gas mixture cannot become explosible irrespective of the amount of
flammable gas being added (Molnarne, 2008). The MOC usually corresponds to the apex of the
explosion region in the ternary diagram. The maximum permissible flammable gas concentration
(MXC) in a flammable gas/inert gas mixture is the largest fraction of the flammable gas for which
this gas mixture cannot become explosible irrespective of the amount of oxidizer added (Molnarne,
2008). The MXC were determined by calculating the intersection point of the tangent of the
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explosion regions that cut the 100% inert gas concentration point in the triangular diagrams with
the inert gas axis.
R1234yf and R32 have the smallest explosion regions of the four refrigerants. Thus, the least
amounts of inert gas are needed to inertize atmospheres. The explosion range of R1234yf in air
without inert gas complies very well with the explosion range of 4.8 mol% - 15.0 mol% determined
according to the ASHRAE method (ASHRAE, 2016) in other works (JSRAE, 2017) at similar
conditions considering that the test set-up was very different, and a much stronger ignition source
was used in this work. With the same type of inert gas, the MOC of R32 is only slightly lower than
the MOC of R1234yf, but the range between the lower and upper explosion limit is much larger
than for R1234yf. R32 has the highest lower explosion limits of all four refrigerants. Thus, a much
higher amount of R32 compared to the other refrigerants must be released until explosible
mixtures can be formed at all. Therefore, also the MXC value of R32 is the lowest, i.e. less of an
inert component must be added to R32, to obtain mixtures that cannot become explosible if
released in the atmosphere. The MXC for R32 determined in this work comply with the similar fuel
inertization points (FIP) determined by the JSRAE (2017). The FIP of R32 determined by the
JSRAE (2017) vary between 47 mol% and 42 mol% with nitrogen as inert gas and between 66
mol% and 55 mol% with carbon dioxide as inert gas depending on the test method applied; the
ASHRAE method (ASHRAE, 2016) using spherical glass vessel or the HPGSA-A (JSRAE, 2017)
method using 2-liter pressure-tight spherical metal vessel. The explosion regions of R1132a are
even larger than the explosion regions of R290, though the MOCs of R290 are still lower than the
MOCs of R1132a. Altogether the extent of the explosion regions of 1132a are more similar to the
explosion regions of highly flammable hydrocarbons than to R32 or R1234yf.
Comparing the three inert gases, it is obvious that adding carbon dioxide has the strongest
inertization effect, because of the high molar heat capacity of carbon dioxide. Argon, which has a
very low molar heat capacity, is the least effective inert gas.
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Figure 1: Explosion regions of the refrigerants R1234yf, R32, R32 and R290
Table 1. safety characteristics of the refrigerants R1234yf, R32, R32 and R290 that can be derived
from the ternary diagrams

LEL in air
UEL in air
MOC

Inert gas
R1234yf
R32
R1132a
R290**
Without inert gas
5.4
13.0
4.6
1.8
Without inert gas
13.6
29.0
25.1*
10.6
Nitrogen
15.2
13.4
11.4
9,3
Argon
13.0
12.3
9.9
8,0
Carbon dioxide
16.5
14.7
12.5
12,6
MXC
Nitrogen
27
48
13
4
Argon
19
39
8
2
Carbon dioxide
40
62
18
6
* from CHEMSAFE (2016) measured in an open glass tube similar to EN 1839 (2017)
** from Molnarne (2008) measured in an open glass tube (tube method) according to EN 1839
(2017)

3.2. Calculation Results
In Fig. 2 the calculation results for the explosion regions of R1234yf, R32 and R1132a with inert
gases argon and carbon dioxide, respectively are compared to the experimental results.

R1234yf
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R1132a

Figure 2: Calculated explosion regions of the refrigerants R1234yf, R32 and R32 compared to the
experimental results

The explosion regions with nitrogen as inert gas were taken as reference for the calculations. In
Table 2 the average and the maximum absolute deviations between the calculations and the
experiments are summarized related to the air and the oxygen fraction at the apex and related to
the fuel gas concentration for all other explosion limits. The largest deviations occur at the apex of
the explosion regions in the ternary diagram, which is not unusual for the calculation of explosion
regions (Mashuga and Crowl, 1999; Thiel-Böhm, 1991; Askar, 2010) and which can be attributed
mainly to the poorest experimental reproducibility at the apex (Molnarne, 2008). Altogether the
accuracy of the calculations is very similar to the accuracy of the analogue calculation for
hydrocarbons. Considering the maximum absolute deviation of 4 mol% air at the apex and 2 mol%
for all other explosion limits and considering a measuring uncertainty of one step size in the
experiments (i.e. 0,5 mol%), the calculation method seems to be adequate not only for the
estimation of explosion limits of hydrocarbons, but also of fluorinated hydrocarbons.
Table 2. maximum and average absolute deviations of the calculated explosion limits from the
experimental results

-

Average deviation
Maximum deviation

Fuel gas fraction
at the explosion
limits (without apex)
0.7 mol%
2.0 mol%

Air fraction at the
apex

Oxygen fraction at
the apex

2.0 mol%
4.0 mol%

0.4 mol%
0.8 mol%

4. CONCLUSIONS
Safety related properties for the inertization of gas atmospheres containing the low-GWPrefrigerants R1234yf, R32 and R1132a by adding nitrogen, carbon dioxide or argon were
determined experimentally in this work. The experiments were carried out in a closed 14dm3autoclave in accordance with the European standard EN 1839-bomb method (2017). Because of
the high lower explosion limit, the maximum permissible flammable gas concentration (MXC) of
R32 in a flammable gas/inert gas mixture to avoid explosible mixtures is the highest compared to
the other two refrigerants. Also, the amount of R32 to be released, until explosible mixtures can be
formed in air is clearly the highest. The maximum oxidizing gas concentration (MOC), at which the
gas mixtures cannot become explosible is lowest for R1234yf. Altogether, the safety related
properties for inertization of R32 and R1234yf are similar, whereas R1132a is more similar to the
hydrocarbon propane in this regard. Finally, it was shown that the model of constant adiabatic
flame temperature profiles, that was used to calculate the explosion limits of hydrocarbons in
previous works, is also a good instrument for estimating the explosion limits of fluorinated
hydrocarbons and olefins. Thus, the high experimental costs could be reduced significantly, even if
the experiments cannot be replaced completely.
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ABSTRACT
This article presents a new magnetic refrigeration prototype that operates with a rare-earth-free
magnetic field source. Its main novelty, in comparison to existing state-of-the-art magnetic
prototypes, is the application of a static electromagnet assembly that can regenerate magnetic
energy and enables a rapid alternation of the magnetic field, which is one of the crucial operating
parameters that could lead towards the future miniaturization of magnetocaloric devices. The
presented prototype consists of two electromagnetic assemblies, each containing a packed-bed
active magnetic regenerator (AMR) that consists of 30 g of single-layered Gd magnetocaloric
material (MCM) in the form of spheres. The prototype was experimentally tested for its
performance in terms of temperature span and cooling power. For instance, operating with a
single-layered Gd AMR at 4-Hz operating frequency, the prototype produced 114 Wkg -1 of specific
cooling power (per MCM mass), while maintaining a temperature span of 5 K below ambient
conditions.
Keywords: electromagnetism, magnetic refrigeration, magnetic refrigerator, magnetocaloric
material, regeneration, regenerator

1. INTRODUCTION
In recent years, magnetic refrigeration has shown the potential to be applied as an alternative to
vapour-compression technology. It should be noted that there were several comparative studies
reported in recent years on alternative cooling technologies, such as Goetzler et al. (2014), Qian et
al. (2016) and Choi et al. (2019). Their common conclusion was that magnetic refrigeration is one
of the most promising alternative refrigeration technologies for the future. Since the early 2000s
there has been a significant increase in research and development activities to bring this
technology to the market, as described in Kitanovski et al. (2015). However, despite the substantial
progress made in the field of magnetic refrigeration, there are still many issues that need to be
resolved. Mostly, these challenges relate to the use of rare-earth materials (Tura and Rowe, 2016),
energy efficiency (Kitanovski et al., 2015) and the cost of potential future devices (Bjørk et al.,
2016). Recently, a research paper by Klinar et al. (2019) presented a novel concept for an
electromagnetic field source with magnetic energy recovery that could be applied for the purposes
of magnetic refrigeration. The new electromagnet does not use any rare-earth materials, is
completely static, regenerates a certain amount of magnetic energy and enables the rapid
alternation of the magnetic field. Moreover, in comparison with existing electromagnetic field
sources the energy efficiency was substantially improved, which was numerically and
experimentally proven. This article presents the progress made in an ongoing project to develop a
first-generation magnetic prototype by implementing a novel electromagnetic assembly with
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magnetic energy recovery. The following sections present the design of the individual components
of the magnetic prototype, as well as the operation of the prototype at the end.

2. MAGNETOCALORIC PROTOTYPE DESIGN
In this section the main components designed for the magnetocaloric prototype are presented,
each in its own subsection. Overall, the prototype comprises two electromagnetic assemblies (with
an electronic control circuit for the regeneration of the magnetic energy), each containing one
AMR, a refrigerated cabinet (to impose the cooling load) containing one (cold) heat exchanger and
a (hot) heat exchanger to reject the heat to the ambient. Furthermore, a hydraulic system connects
all these components by maintaining the oscillation of the fluid through the AMRs and a unidirectional continuous flow through the heat exchangers by means of a pump and a set of
electromagnetic valves and check valves. Moreover, at the end of the section the results of the
experimental testing of the prototype are presented with regards to the temperature span and the
cooling power.
2.1.

Electromagnet with Magnetic Energy Recovery

In this section the new concept of the electromagnet with magnetic energy regeneration is
presented, which was implemented in the magnetocaloric refrigeration prototype. Detailed
analyses of the electromagnet’s parametric design and the experimental validation are explained in
Klinar (2017) and Klinar et al. (2019). The results of those studies led to the development of the
electromagnet presented in Fig. 1. The overall dimensions of the electromagnet are 240×194×55
mm3, while the air gap dimensions are 55×40×4 mm3. Furthermore, the mass of the core is 12.8 kg
and the coil is 15.2 kg. The coil is divided into two parts (below and above the air gap) connected
in series and its electrical characteristics are listed in Table 1. Rapid alternation of the magnetic
field inside the air gap is controlled by the electronic circuit in Fig. 1 (left), which consists of a
voltage power source, diodes, transistors and a 100-μF capacitor.

Figure 1: Photography of electromagnet and electronic control circuit (left) and 3D model of the
electromagnet (right)
Table 1: Electrical characteristics of the capacitor and coil

Capacitor capacitance
Number of turns in the coil
Eelctrical resistance of the coil
Inductance of the coil
Eelctric current (mag. field 1 T)
Time response ( 0 – 1 T, 1 – 0 T)

100 μF
446
0.4 Ω
0.29 H
7.38 A
10 ms

The connection between the coil and the capacitor enables the regeneration of magnetic energy,
as follows. During the phase of the demagnetisation process the energy in the coil is released to
the capacitor, where it is stored. Thereafter, in the phase of the magnetization process this stored
energy is then released back to the coil. In this manner a substantial amount of the energy needed
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for the magnetization process is usefully regenerated. With the existing electronic circuit elements
we were able to recover more than 93% of the available energy from the demagnetisation process.
On the other hand, such magnetic energy regeneration also enables rapid magnetisation or
demagnetisation processes. In order to establish a magnetic field change of 1 T, the presented
electromagnet with respective electronics took 10 ms. Fig. 2 shows the measured and theoretically
calculated magnetic fields inside the air gap in relation to the electric current in the coil (left) and
the time-dependent magnetic field change during the operation at different operating frequencies
(right). In Fig. 2 (left) the static magnetic field in the middle of the air gap was measured with a Hall
probe FH 54, while the electric current was provided by the power supply Velleman LABPS3020.
The experimental results are compared to the analytically calculated required electric currents for a
certain magnetic field in the air gap utilizing Ampere's law:

B

0  N  I
d

,

Eq. (1)

where B is the magnetic field in T, μ0 is the vacuum permeability in mA-1, N is number of turns in
the coil, I is the electric current in the coil in A, and d is the thickness of the air gap in m.
In Fig. 2 (right) the time-dependent magnetic field was indirectly measured using the electric
current flowing through the coil using a National Instruments cDAQ 9174 and a NI 9207 with a high
sampling rate and calculating it using Eq. (1). The alternation of the magnetic field was measured
for two operating frequencies of 1 and 5 Hz. The operating frequency is defined as

f   tmag  tHField  tdemag  t LField  ,
1

Eq. (2)

where tmag and tdemag represent the time of (de)magnetisation (10 ms), while tHField and tLField
represent the times of the high magnetic field (1 T) and the low magnetic field (0 T).

Figure 2: Calculated and measured magnetic field (in the air gap) in relation to the electric current
applied to the coil (left) and the time-dependent magnetic field in the air gap for operating
frequencies of 1 and 5 Hz (right)

2.2.

Active Magnetic Regenerator

The geometrical characteristics of each AMR implemented in the prototype are given in Table 2.
Each AMR was made of gadolinium spheres, 100–300 µm in diameter. Furthermore, the overall
geometry of one AMR was 55×40×3 mm3, which contributed approximately 30 g in mass. The
heat-transfer fluid applied was a mixture of distilled water and glycol (70/30). The AMR was fitted
into the casing shown in Fig. 3, which was built with a stereolithographic (SLA) 3D printing process.
Fig. 3 (above) shows a photograph of one fully assembled AMR. Each side of the AMR casing has
one inlet and one outlet, with special manifolds that hold inserts for the thermocouples. Fig. 3
(below) shows a cross-sectional view of the AMR casing 3D model. Special consideration was
given to the design of the flanges (flow distributors). As we can see, sets of pins were designed
right before the AMR enclosure that have three purposes. First, they hold a thin mesh before the
AMR enclosure to keep the MC spheres in place. Second, they reduce the dead volume between
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the AMR and the check valves, which can severely decrease the AMR performance, as shown in
Lozano et al. (2016). And third, a unique design of pins and inlets/outlets placement together in the
center of the flange (rather than two separate placements for the inlet and outlet) lead to a more
uniform distribution of the fluid flow to the AMR. The simulation of the fluid flow through the flow
distributors and the packed-bed structure from Table 2 was performed with the software Ansys
Fluent. The results are presented in Fig. 4. The diagram shows the fluid-velocity distribution at the
entrance, in the middle and at the exit of the AMR. We can see that the flow is evenly distributed
throughout the whole packed-bed regenerator, without any high- or low-velocity regions.
Table 2: AMR geometrical characteristics

Magnteocaloric material
Overall AMR dimensions
Sphere diameter
AMR porosity
AMR mass
Heat transfer fluid

Gadolinium spheres
55×40×3 mm
100 – 300 µm
~0.40
30 g
70% distilled water, 30% glycol

Figure 3: Photograph of the fully assembled AMR (casing, flanges, MCM, manifolds) and crosssectional view of the AMR casing 3D model

Figure 4: Simulated fluid velocity through packed-bed AMR (left) and fluid-velocity distribution at the
inlet, middle and outlet of the AMR

2.3.

Refrigerated Cabinet

To apply a cooling load during the operation of the presented magnetocaloric refrigeration
prototype a refrigerated cabinet was implemented in the system. The cabinet was originally applied
as a part of a wine cooler based on a vapour-compression refrigeration system (Gorenje, model
VC1667). The characteristics of the wine cabinet are presented in Table 3, while the geometrical
specifications and pictures of the cabinet (real and model) are shown in Fig. 5. The volume of the
cabinet is 136 l, while the envelope of the cabinet is insulated with 10-mm-thick vacuum panels. In
the cross-sectional view of the 3D model in Fig. 5 (middle) we can see a fin on the tube heat
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exchanger with a fan mounted in the back wall of the cabinet. Such a heat exchanger was
connected to the cold side of the magnetocaloric prototype to absorb the heat from the cabinet.
Table 3: Refrigerated cabinet characteristics

Total volume
Dimensions
Characteristics
Thermal insulation
Heat exchanger (cold and hot)

136 l
600×580×868 mm
capacity 42 wine bottles, 1 chamber, 1 temperature
Vacuum panels, thickness 10 mm
Aluminium fin on tube, with fan

The cabinet was tested for its cooling load in a so-called Reverse Heat Leakage Test (RHLT) (Tao
and Sun, 2001). The cabinet was put into a climate chamber with a predefined temperature of
approximately 5°C and the cooling system was turned on to maintain the temperature. On the
other hand, an electric heater inside the cabinet maintained the inside temperature at 25°C, while
operating with 27.3 W of heating power. Utilizing a known relation between the thermal resistance,
the temperature difference and the heat flow ( R  T / Q ) we can derive the thermal resistance of
the envelope of the cabinet to be 0.73 KW -1. Based on the findings from the RHLT we can define
the cooling power needed for the refrigerated wine cabinet to maintain a certain inside temperature
with respect to the ambient temperature, which is shown in Fig. 5 (right). For instance, to maintain
the cabinet temperature at 10°C (Tamb=25°C), the magnetic refrigeration prototype would need to
produce approximately 20 W of cooling power.

Figure 5: Picture of the refrigeration cabinet (left), a cross-sectional view of a 3D model (middle) and
required cooling power to the cabinet with regards to the temperature difference between the
ambient and the cabinet derived from the reverse-heat-leakage test (right)

2.4.

Hydraulic System

As stated at the beginning of this section the hydraulic system applied in this magnetocaloric
prototype connects all the components into a single device, where the performances of all the
components are interdependent of each other. Thus, the placement of this subsection at the end
seems like an appropriate round up of the whole prototype presentation. The fluid flow in the
prototype was managed by one uni-directional gear pump, four electromagnetic valves (EMV) and
a set of check valves. All are listed with respect to their characteristics in Table 4. A schematic of
the full hydraulic system of the prototype is presented in Fig. 6, where it shows one phase of the
operation (AMR1 demagnetised, AMR2 magnetised). In this way the fluid-flow path is as follows.
The gear pump pumps the heat-transfer fluid (distilled water + glycol) from the container through
the hot heat exchanger (HHEX), where the heat is transferred to the ambient. From HHEX the fluid
flows through the open EMV A (EMV D closed) through the demagnetised AMR1. Furthermore, the
fluid exits AMR1 through the check valve, flowing directly through the cold heat exchanger (CHEX)
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(absorbing heat from the wine cabinet) and then on through the check valve into the magnetized
AMR2. On the hot side of AMR2 the fluid exits through the check valve and the open EMV C (EMV
B closed) to the fluid container. When the phase of operation changes to AMR1 being magnetised
and AMR 2 demagnetised, the change in the flow direction through the AMRs is managed by
EMVs B and D being open, while EMVs A and C are closed. The EMVs control the oscillation of
the fluid only through the AMRs, while the check valves secure the uni-directional flow through
both HHEX and CHEX. The operation of the EMVs is synchronised with the alternating operation
of the electromagnets via the control electronic circuit run by the Arduino mega 2560. Moreover,
the EMVs are PWM controlled in a manner to establish fast ON/OFF switching with a time
response of 10 ms (the same as the electromagnets) and to reduce the electric input power during
ON time as shown in Fig 7. (left) and explained in detail in Nosan et al. (2018). On the other hand,
the change in the flow direction through the AMRs can be seen in Fig. 7 (right). The diagram
shows time-dependent pressures measured at the inlets of the AMRs’ hot sides, operating at a
frequency of 3 Hz. An abrupt change in the pressure suggests a rapid change in the flow direction
as well as the rapid establishment of the fluid flow rate.
Table 4: Hydraulic system management components and their characteristics

Gear pump
Electromagnetic valves
Check valves
Pressure sensor
Thermocouples

TCS Micropumps, MG2000S, Umax=24 V, pmax=10 bar
Jakša, D221 NC 24VDC TM35, pmax=80bar
Koenig, BR660080024, reverse flow, no spring, d=8 mm
Shen Zhen Le Fei Electronics Co., PT 2300, 0-15 bar
AMR: Omega type T, d=0.13 mm
HEXs, cabinet, ambient: Omega type T, d=0.51 mm

Figure 6: Hydraulic schematic of the magnetocaloric prototype in one phase of operation (AMR1
demagnetised, AMR2 magnetised)

Figure 7: Measured EMV’s opening time response (left) and pressure on the hot sides of both AMRs
(p1 and p2) during operation at an operating frequency of 3 Hz (right).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1130

2.5.

Experimental Results

This subsection presents the results of the experimental tests performed on the magnetocaloric
refrigeration prototype described in the previous sections. Fig. 8 (left) shows the measured, noload temperature span established on one of the AMRs operating at 2 Hz of operating frequency.
In this case the refrigerated cabinet was not connected to the prototype. In particular, the fluid from
the outlets on the cold side of the AMRs was by-passed directly back to the inlets. In such a
manner the AMR’s cold-side temperature settled at 10°C, while the hot side topped out at
approximately 23.5°C, altogether establishing 13.5 K of temperature span along the AMR. On the
other hand, Fig. 8 (right) presents the actual specific cooling power (per MCM mass) produced by
the prototype, while also establishing a certain temperature difference between the insides of the
refrigerated cabinet and the ambient environment. The ambient temperature was varying between
22 and 24°C. Four operating frequencies were tested, ranging from 1 to 4 Hz. At each operating
frequency a set of different fluid-flow rates were tested to find the maximum temperature difference
(ambient/cabinet) with a respective cooling power. From this perspective, the results in Fig. 8
(right) show only the maximum temperature differences established at the given operating
frequencies. What is interesting is that the prototype increases its performance with an increase of
the operating frequency. That being the case, operating at a frequency of 1 Hz, the prototype
establishes a temperature difference of only approximately 1.5 K, while producing approximately
37 Wkg-1 of specific cooling power, while at 4 Hz the temperature difference increases up to 4.8 K
and the specific cooling power up to 114 Wkg-1. Experiments above an operating frequency of 4 Hz
could not be performed at this moment, since the AMR casings cracked due to the rapid oscillation
of the relatively high pressure (approx. 5 bar).

Figure 8: Measured no-load temperature span between hot/cold side of one AMR operating at 2 Hz
(left) and the produced specific cooling power at different ambient/cabinet temperature differences
and for different operating frequencies (right)

3. CONCLUSIONS
This article presented the work done so far in an ongoing project to develop a magnetic wine
cooler operating with a rare-earth-free magnetic field source. As such, a first-generation prototype
utilizing two electromagnetic assemblies with magnetic energy recovery was developed and tested
for its viability. Different components of the prototype, such as the electromagnet, the AMRs, the
refrigerated cabinet and the hydraulic system, were designed and individually evaluated, before
incorporating them together into the magnetic refrigeration device. Until now the prototype was
able to operate with a maximum specific cooling power of 114 Wkg-1, while maintaining
approximately 5 K of a temperature difference between the refrigerated cabinet and the ambient
conditions.
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Even though certain shortcomings in the operation were identified, the results are definitely not
conclusive and the ongoing work in the research project to develop a second-generation prototype
is as follows:
- Investigation of operation at higher frequencies (>4 HZ);
- Application of graded AMR (instead of single-layer Gd AMR) with additional MCM layers;
- Optimization of peripheral elements, such as valves, pump and other hydraulic connections
- Minimization of the thermal losses due to the operation of the pump, valves and
electromagnet
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ABSTRACT  
We  present  a  comparison  of  the  R-404A,  R-448A  and  R-452A  as  drop-in  replacements  for  R-218  
refrigerant   in   high-tech   electronics   cooling.   The   tests   were   carried   out   in   an   oil-less   experimental  
circuit  originally  designed  for  cooling  of  silicon  chips  with  R-218.  The  circuit  is  equipped  with  tens  of  
temperature,  pressure  and  flow  sensors  and  precise  liquid  and  vapour  pressure  control.  The  same  
capillary   was   used   for   all   the   tested   refrigerants   providing   mass   flow   of   1.2   g/s.   Two-stage  
compression  allowed  to  test  suction  pressures  from  0.5-1  bar  absolute.  The  aim  was  to  evaluate  the  
possibility   of   replacing   the   rarely   used,   expensive   and   environment   unfriendly   R-218   by   more  
ecological   blends   while   achieving   lower   evaporation   temperature   and   without   hardware  
modifications  to  the  existing  circuit  layout.  The  results  are  applicable  to  low  temperature  systems  
with   commercial   two-stage   reciprocating   compressors   that   are   being   converted   from   R-404a   to  
ecological  alternatives  R-448A/R-449A  or  R-452A.  
Keywords:  refrigerants,  blends,  R-218,  R-404A,  R-448A,  R-452A,  low  temperature,  two-stage  

1.   INTRODUCTION  
Cooling  systems  with  two-stage  compressors  can  provide  low  evaporation  temperatures  even  with  
ecological  non-flammable  low-GWP  refrigerants.  Typical  refrigerant  currently  used  in  such  systems  
is  the  R404A.  The  system  with  two-stage  compression  and  low  suction  pressures  are  often  employed  
as  blast  freezers  and  many  other  applications  including  laboratory  chillers  for  cooling  of  high-tech  
electronics.  The  disadvantages  of  systems  with  low  suction  pressure  are  often  outweighed  by  their  
simplicity.  The  cooling  capacity  of  the  two-stage  systems  is  relatively  low  when  compared  to  the  low-
temperature  cascade  systems  but  they  require  less  components  and  the  controls  are  simpler.  We  
have  focused  on  evaluation  of  the  R-448A  and  R-452A  as  drop-in  replacements  for  the  R-404A  and  
the  somewhat  exotic  R-218  that  is  used  in  the  field  of  high-tech  electronics  and  particle  physics.  
There  are  three  ways  to  achieve  low  temperature  cooling:  
One  can  use  common  one-stage  refrigeration  loop  with  air  condenser  and  evaporation  slightly  above  
atmospheric   pressure   and   select   a   fluid   with   low   normal   boiling   point.  The   R-32   could   be   a   good  
choice  since  it  has  low  normal  boiling  point  of  -51.7°C.  The  R-32  has  GWP  of  675  but  it  is  mildly  
flammable  (A2L  classification).  The  flammability  should  be  a  concern  due  to  risk  of  diesel  explosion  
when  the  refrigerant  is  mixed  with  air  due  to  leaks  in  suction  line  during  pump  down  or  when  the  
system   is   used   in   closed   spaces   (small   laboratories   etc.).   Unfortunately,   the   widely   used   non-
flammable  refrigerants  cannot  achieve  very  low  temperatures;;  common  refrigerants  have  following  
normal  boiling  points:  R-134A  -26.3  °C,  R-125  -48.5  °C,  the  R-404A  -46.2°C,  R-1234yf  -30  °C.    
Other   option   of   how   to   achieve   low   temperature   are   cascade   systems.   The   systems   are   usually  
designed   so   that   the   low   stage   refrigerant   condenses   in   the   cascade   condenser   at   temperatures  
between  -20°C  and  -10°C  and  it  evaporators  are  pressure  above  0.1  MPa.  This  allows  using  very-
low   temperature   refrigerants   such   is   the   R-23,   R-508,   R-170   (Ethane)   or   R-1150   (Ethylene).   The  
cascade   systems   are   relatively   complex   in   terms   of   both   construction   and   control.   An   expansion  
volume   might   be   required   for   the   low   stage   fluid   during   the   off   periods   since   their   critical   point   is  
below  ambient  conditions.  The  R-23  is  typical  very-low  temperature  refrigerant  for  temperature  down  
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to   -80°C.   Unfortunately,   it   has   very   high   GWP   (14800).   The   replacement   R-508B   is   only   slightly  
better  (GWP  of  13396).  The  natural  refrigerants  R-170  and  R-1150  are  extremely  flammable  which  
can  be  acceptable  for  industrial  applications  where  the  chiller  can  be  located  outside  of  the  building  
but  it  is  a  major  drawback  for  most  of  the  applications  in  laboratories.    
The   third   option   for   low   temperature   refrigeration   are   systems   with   evaporation   pressure   below  
atmospheric   pressure.   These   systems   often   utilize   two-stage   compression   with   low   pressure   and  
high-pressure  pistons  in  one  compressor  body  to  achieve  the  low  (vacuum)  suction  pressures.  Large  
selection   of   two-stage   piston   compressors   is   commercially   available   from   multiple   brands.   The  
highest  cooling  capacity  per  compressor  reaches  approximately  8  kW  at  -60°C.  The  technology  is  
well  proven  although  it  might  be  difficult  to  run  multiple  compressor  in  parallel  due  to  oil  balancing  
issues.  The  reason  is  that  the  crankcase  of  the  compressors  is  at  the  intermediate  pressure  that  is  
slightly  different  for  each  compressor.  The  R-404A  (GWP  of  3922,  non-flammable)  is  typically  used  
in  these  systems  but  it  is  being  replaced  by  more  ecological  alternatives  due  to  the  F-gas  Directive  
517/2014,  which  bans  the  commercial  use  of  refrigerants  with  GWP  above  2500  by  the  year  2020.  
The  R-448A  and  R-449A  are  two  similar  substitutes  that  both  offer  significantly  improved  GWP  of  
1387  and  1397  respectively.  The  availability  of  these  two  blends  is  good  and  the  price  is  acceptable.  
This  will  likely  remain  the  case  also  in  the  future  since  two  different  producers  manufacture  these  
two  blends  and  several  large  supermarket  chains  have  adopted  them.  Both  blends  have  following  
disadvantages:   lower   cooling   capacity   than   R-404A,   high   discharge   temperatures   and   very   high  
glide.  The  R-452A  is  another  blend  designed  to  replace  the  R-404A,  it  offers  much  lower  glide  and  
cooling  capacity  very  close  to  the  R-404A  at  an  expense  of  GWP  of  2141,  which  is  just  below  the  
limit   of   the   F-gas   Directive   517/2014.   All   three   replacement   blends   discussed   above   are   non-
flammable  in  contrast  with  the  other  similar  blends  R-454  and  R-455A.  It  should  be  mentioned  that  
from  our  experience  the  availability  of  the  R-452A  in  Europe  is  not  very  good.  
The  R-218,  included  in  this  comparison  as  a  base  line,  is  a  pure  fluid  used  in  some  special  cooling  
application   namely   in   cooling   of   electronic   equipment   in   laboratories.   The   fluid   has   high   GWP   of  
8830  but  due  to  its  special  properties,  it  is  sometimes  favored  over  much  more  ecological  options.  
Its  normal  boiling  point  is  -36°C  therefore;;  it  is  not  a  refrigerant  for  particularly  low  temperatures.  The  
R-116,  which  is  similar  molecule  to  R-218  only  with  lower  carbon  number,  offers  much  lower  boiling  
point  of  -78°C  but  in  its  pure  form  it,  is  suitable  only  for  cascade  systems.  Some  applications  can  
use   blends   of   R-116   and   R-218   to   achieve   lower   evaporation   temperature   (Bates   et   al.   2015),  
(Doubek  et  al.,  2017)  and  (Doubek  et  al.,  2016).  The  main  advantages  of  the  R-218  and  R-116  are  
the  excellent  dielectric  properties,  nontoxicity,  non-flammability  and  radiation  hardness.  Especially  
the  resistance  to  the  irradiation  is  a  property  that  cannot  be  offered  by  the  modern  ecological  fluids  
with   molecules   that   quickly   brake   down   in   the   atmosphere.   In   other   words,   the   R-218   cannot   be  
replaced  by  any  of  the  above-mentioned  blends  in  application  with  radiation  such  is  the  cooling  of  
particle  detectors.  There  are  other  applications  (without  radiation)  where  the  existing  R-218  system  
can  switch  to  these  blends  and  that  would  benefit  from  lower  evaporation  temperatures.  Some  of  
these   applications   include   commissioning   of   particle   detectors   (without   irradiation)   and   testing   of  
electronic  components  such  as  chips  and  sensors  at  low  temperatures.  

2.   TESTED  REFRIGERANTS  
The  presented  comparison  between  the  R-218,  R-404A,  R-448A  and  R-452A  aims  to  demonstrate  
the  differences  between  the  R-448A  and  R-452A  that  are  used  as  replacement  for  R-404A  and  that  
can  be  used  also  as  drop-in  replacement  for  R-218  in  systems  where  there  is  no  exposure  of  the  
refrigerant   to   radiation   (as   discussed   above).   The   properties   of   the   tested   fluids   are   compared   at  
three  different  temperatures  down  to  -50°C  in  Table  1.  Particular  attention  should  be  paid  to  the  glide  
of  the  blends.  
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Table  1.  Fluid  properties  

  
Fluid  type  
Molecular  mass  
Normal.  Boiling  point  (mean)  
Critical  temperature  
Critical  pressure  
Mean  saturated  pressurex  
+20°C  
-20°C  
-50°C  
Heat  of  vaporization*  
+20°C  
-20°C  
-50°C  
Saturated  vapor  density+  
+20°C  
-20°C  
-50°C  
Glide  
+20°C  
-20°C  
-50°C  

R-218  
Pure  
188.02  
-36.79  
71.9  
2.64  
  
0.76  
0.21  
0.053  
  
79  
99  
110  
  
73.9  
20.0  
5.6  
  
0  
0  
0  

R-404A   R-448A   R-452A  
Blend  
Blend  
Blend  
97.604   189.9  
103.5  
-46.22  
-42.9  
-47.0  
72.1  
83.7  
74.9  
3.74  
4.66  
4.00  
  
  
  
1.10  
1.05  
1.09  
0.31  
0.23  
0.30  
0.084  
0.075  
0.072  
  
  
  
145  
185  
142  
181  
224  
176  
202  
246  
195  
  
  
  
56.3  
45.8  
55.2  
15.4  
12.3  
14.8  
4.4  
3.6  
4.1  
  
  
  
0.43  
5.3  
3.9  
0.61  
5.9  
3.7  
0.78  
6.2  
3.7  

  
  
g/mol  
°C  
°C  
MPa  
  
MPa  
MPa  
MPa  
  
kJ/kg  
kJ/kg  
kJ/kg  
  
kg/m3  
kg/m3  
kg/m3  
  
°C  
°C  
°C  

Mean  temperatures  were  used  to  calculate  the  properties  of  blends  
×
At   equilibrium;;   +Bubble   and   dew   point   at   the   same   composition;;   *At   the   same  
composition  
  
The   R-218   (C3F8)   is   a   saturated   fluorocarbon,   extremely   stable   molecule   with   only   C-F   and   C=C  
bonds  which  results  in  extremely  high  atmospheric  lifetimes  and  high  GWP  (8830).  The  fluid  is  used  
as   a   component   in   few   blends,   namely   in   the   R-403   and   R-412.   It   is   a   popular   fluid   for   cooling  
applications  in  particle  physics  since  it  is  not  affected  by  radiation  (i.e.  it  is  radiation  hard).  There  are  
still  several  systems  employing  R-218  refrigerant  with  charges  ranging  from  tens  of  kilograms  to  1.5  
tons.  These  systems  are  running  at  particle  physics  laboratories,  namely  at  CERN  in  Switzerland  
(Attree  et  al.,  2008),  (Hallewell  et  al.  2017)  and  (Anelli  et  al.  2018).    
The  R-404A  is  widely  used  in  many  household  and  industrial  systems.  The  fluid  is  being  phased  out  
and  there  is  a  great  effort  to  replace  it  with  other  carefully  formulated  blends.  The  R-404A  is  a  nearly  
azeotropic   blend   of   52wt%   R143a,   44wt%   R125   and   4wt%   R134a.   Unfortunately,   the   proposed  
replacement  blends  are  usually  strongly  zeotropic  and  their  properties  can  be  thus  relatively  far  off  
in  certain  aspects.  For  example,  the  R-404A  exhibits  only  small  glides:  even  at  very  low  evaporation  
pressures   (vacuum),   see   Table   1.   The   nearly   azeotropic   behavior   also   means   that   the   vapor  
composition  is  very  close  to  the  liquid:  at  an  equilibrium  at  20°C  the  vapor  composition  is  51.6wt%  
R143a,  45.8wt%  R125  and  2.6wt%  R134a.    
The  R-448A  is  a  low  GWP  replacement  for  R-404A,  its  behavior  is  very  close  to  the  other  (competing)  
replacement  R-449A.  It  is  a  quite  complex  zeotropic  blend  of  26wt%  R-32,  26wt%  R-125,  21wt%  R-
134a,  7wt%  R-1234ze  and  20wt%  R-1234yf.  At  an  equilibrium  at  20°C  the  vapor  phase  composition  
is   35.0%   R-32,   30.0%   R-125,   13.5%   R-134a,   0.04%   R-1234ze   and   17.3%   R-1234yf.   The   fluid  
exhibits  large  glide,  which  can  reach  more  than  6°C  at  very  low  evaporation  pressures  (vacuum).  
The   lower   vapor   density,   which   results   in   lower   mass-flow   through   the   same   compressor   in  
comparison  with  the  R-404A,  is  compensated  by  the  higher  enthalpy  of  evaporation;;  see  the  values  
in  Table  1.    
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The  R-452A  blend  was  develop  to  have  properties  as  close  as  possible  to  the  R-404A  while  keeping  
the  GWP  just  below  the  2500  limit  imposed  by  the  European  directive.  It  is  a  blend  of  11.0%wt  R-
32,  59.0%  R-125  and  30.0%  R-1234yf.  The  blend  is  inflammable  and  exhibits  only  moderate  glides  
even  at  low  evaporation  pressures,  Table  1.  At  an  equilibrium  at  20°C  the  vapor  phase  composition  
is   15%wt   R-32,   60%   R-125   and   22%   R-1234yf.   Table   1   also   reveals   that   the   vapor   density   and  
enthalpy  of  evaporation  are  very  close  to  the  R-404A.  

3.   TEST  EQUIPMENT  
The  performance  of  the  all  four  refrigerants  was  tested  in  a  special  oil-less  cooling  circuit  with  two-
stage  compression,  Figs.  1  and  2.  The  circuit  is  highly  versatile  allowing  to  test  all  sort  of  conditions;;  
it   is   equipped   with   liquid   pressure   regulator   and   vapor   backpressure   regulator,   three   types   of  
flowmeters   (Coriolis,   turbine   and   volumetric).   The   circuit   contains   sub-cooling   and   super-heating  
exchangers  that  allow  to  precisely  control  temperature  of  the  liquid  and  vapor.  On  the  top  of  that  
numerous   temperature   and   pressure   sensors   monitor   the   liquid   and   vapor   state   at   any   important  
location  in  the  circuit.  The  circuit  operates  with  fairly  low  mass  flows  from  1  g/s  to  3  g/s  depending  
on  the  installed  capillary  and  the  liquid  pressure.  The  first  stage  compressor  is  a  membrane  type  
capable  of  operating  with  vacuum  suction  pressures;;  the  second  stage  compressor  is  piston  oil-less  
type  with  one  cylinder,  Figure  2.  More  detailed  description  of  the  test  circuit  can  be  found  in  (Vacek  
et  al.  2011).  

  
Figure  1:  Simplified  P&ID  diagram  of  the  test  circuit    

  

  
Figure  2:  The  first  stage  membrane  compressor  (on  the  left)  and  the  second  stage  piston  
compressor  (on  the  right)  
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An   electric   dummy-load   on   the   evaporator   simulates   the   heat   load.   The   whole   assembly   of  
capillaries,  evaporators  and  the  dummy  load  is  installed  inside  a  stainless  steel  vacuum  chamber  in  
order  to  prevent  condensation,  icing  and  heat  loses,  Figure  3.  The  evaporator  and  dummy  load  are  
equipped   with   twenty   temperature   sensors   that   enable   us   to   evaluate   the   temperature   profile  
(gradient)  along  the  evaporator.  This  installation  is  used  to  evaluate  thermal  performance  of  Roman  
Pot  particle  detectors  of  TOTEM  experiment  at  CERN,  Switzerland  (Anelli  et  al.,  2018)  and  (Oriunno  
et  al.,  2007).    

  
Figure  3:  The  capillaries  and  the  evaporator  +  dummy  load  

The   parameters   of   the   tests   are   listed   in   Table   2.   The   test   circuit   was   operated   with   the   lowest  
possible   condenser/liquid   pressure   that   allowed   for   stable   circulation   (bubble   free   liquid   before  
capillaries   at   20°C).   For   this   reason,   the   liquid   pressure   of   the   R-218   is   significantly   lower   than  
pressure  of  the  other  refrigerants.  The  0.85  MPa  liquid  pressure  corresponds  to  the  standard  value  
used  in  the  R-218  cooling  circuit  during  commissioning  of  the  TOTEM  Roman  Pot  detectors  (Vacek  
et   al.   2011).   Such   pressure   ensures   sufficient   safety   margin   in   terms   of   boiling   in   the   ambient-
temperature  liquid  lines  as  the  R-218  saturation  pressure  is  0.76  MPa  at  20°C.  The  R-452A  required  
higher   liquid   pressure   than   the   R-404A   and   R-448A   to   prevent   it   from   boiling.   Our   liquid   circuit  
exhibited  instability  of  the  mass  flow  when  the  R-452A  liquid  pressure  was  set  below  1.20  MPa.  This  
result  is  not  surprising  since  the  R-452A  liquid  pressure  at  20°C  is  1.147  MPa  which  is  the  highest  
from  all  the  tested  fluids.  
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Table  2.  Test  parameters  

  
Condenser  pressure  
Liquid  pressure  
Mass  flow  
Compressor  suction  

R-218  
0.85  
0.85  
1.19  
0.028  

R-404A  
1.10  
1.10  
1.29  
0.041  

R-448A  
1.08  
1.08  
1.22  
0.036  

  
R-452A  
1.23  
MPa  
1.23  
MPa  
1.28  
g/s  
0.040   MPa  (abs)  

  
The   compressor   discharge   temperatures   were   one   of   the   studied   characteristics,   Figure   4.   The  
observed  temperatures  were  low  in  comparison  with  usual  industrial  systems  with  higher  mass  flows.  
Most   of   the   heat   was   dissipated   through   the   compressor   body   and   head   before   the   refrigerant  
reached  the  temperature  sensor  at  the  discharge  line  in  our  system.  Nevertheless,  the  differences  
between   the   fluids   are   clearly   visible.   The   R-404A   exhibits   the   lowest   discharge   temperature   in  
comparison  with  the  other  blends  and  relatively  close  to  the  R-218.  The  R-452A  and  the  R-448A  
discharge   temperatures   after   the   first   stage   were   the   same   but   the   R-452A   exhibited   higher  
discharge   temperature   after   the   second   stage;;   the   higher   condenser   (head)   pressure   needed   to  
ensure  stable  operation  of  the  cooling  circuit  with  the  R-452A  caused  this.  In  all  cases,  the  discharge  
temperatures  were  acceptable  and  did  not  disqualify  any  of  the  tested  blends  as  potential  drop-in  
replacement  for  the  R-218  in  systems  with  low  mass  flows.  

  
Figure  4:  Discharge  temperatures  

Three  tests  with  three  different  settings  of  the  backpressure  valves  were  carried  out.  The  pressure  
before  the  backpressure  was  set  to  0.10,  0.075  and  0.05  MPa.  The  actual  evaporation  temperatures  
in  the  evaporator  were  affected  by  the  pressure  drop  of  the  vapor  line  and  the  super-heater  heat  
exchanger.  The  mean  evaporation  temperatures  from  the  0.05  MPa  test  are  show  in  in  Figure  5  with  
and   without   dissipated   heat   load.   The   R-452A   clearly   achieves   the   lowest   temperatures   (-41°C  
without  load  and  -35°C  with  load),  while  the  R-448A  is  the  closest  to  the  R-218  (-35°C  without  load  
and  -30°C  with  load).  One  should  notice  that  the  R-452A  achieved  the  lowest  temperatures  despite  
slightly  higher  mass  flow,  which  increased  the  pressure  drop  in  the  vapor  line.  
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Figure  5:  Lowest  achieved  average  temperatures  

The  differences  between  the  evaporator  inlet  and  outlet  temperature  at  three  different  backpressure  
settings  are  shown  in  the  Fig.  6.  This  difference  is  affected  by  the  evaporator  pressure  drop  and  by  
the  glide  of  the  zeotropic  blends.  The  evaluated  difference  is  positive  with  the  R-218,  which  is  pure  
fluid,  and  with  the  nearly  azeotropic  R-404A,  In  other  words,  the  temperature  at  evaporator  outlet  
was  lower  than  at  the  inlet  due  to  the  evaporator  pressure  drop.  The  R-452A  and  R-448A  blends  
can  exhibit  lower  temperature  at  the  evaporator  inlet  due  the  large  glide  of  these  blends.  It  is  also  
apparent  from  the  Figure  6  that  with  certain  dissipated  heat  and  certain  suction  pressure  one  can  
achieve  uniform  temperature  along  the  evaporator  (zero  temperature  difference  in  the  Fig.  6.).  The  
uniform  temperature  can  be  desirable  for  certain  applications  especially  in  electronics  cooling.  The  
plot  in  Figure  6  also  allows  an  assessment  of  vapor  return  line  pressure  drop.  The  settings  of  the  
backpressure  valve  on  the  compressor  suctions  were  exactly  the  same  for  the  three  data-points  on  
each  line  in  the  plot.  The  horizontal  position  of  the  data-points  represents  the  actual  pressure  at  the  
outlet  of  the  evaporator  and  it  is  therefore  directly  related  to  the  vapor  line  pressure  drop.    

  
Figure  6:  Temperature  distribution  on  the  evaporator  at  30W  dissipated  load  

4.   CONCLUSIONS  
The   performance   of   three   refrigerant   blends   R-404A,   R-448A   and   R-452A   was   tested   against  
reference  R-218  refrigerant  in  a  special  oil-less  low-flow  cooling  circuit  with  two-stage  compression.  
The  study  was  carried  out  in  order  to  evaluate  the  blends  as  drop-in  replacements  for  the  R-218.  
The  R-218  dominated  the  cooling  of  high-tech  electronics  and  particle  physics  detectors  in  the  past  
but  it  has  a  very  high  GWP  and  its  availability  is  becoming  problematic.  We  have  proven  that  it  can  
be  replaced  in  the  remaining  applications  where  there  is  no  exposure  to  radiation  with  the  R-448A  
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or  the  R-452A  (the  R-404A  is  not  recommended  due  to  its  GWP  above  2500).  The  only  condition  is  
that  the  cooling  circuit  must  be  able  to  operate  at  slightly  elevated  condensing  and  liquid  pressure  
(1.1   to   1.2   MPa)   to   prevent   boiling   in   the   liquid   lines.   The   lower   evaporation   temperatures   of   the  
replacement   blends   are   significant   advantage   for   most   applications   in   this   filed,   nevertheless,  
backpressure   regulator   can   help   to   maintain   similar   temperatures   to   R-218   if   needed.   We   have  
observed  that  the  R-448A  can  provide  uniform  evaporation  temperature  along  the  evaporator  at  -
30°C   with   30W   load   in   our   system   at   mass   flow   of   1.2   g/s.   The   R-452A   delivered   average  
temperature  of  -35°C  at  the  same  pressure  but  with  0.4°C  difference  along  the  evaporator.  The  large  
glide  of  the  R-448A  blend  compensated  the  drop  of  evaporation  temperature  due  to  the  evaporator  
pressure  drop.  Many  applications  can  benefit  from  this  effect,  as  it  is  often  desirable  to  maintain  the  
same  temperature  over  the  whole  length  of  the  evaporator,  for  example,  when  multiple  silicon  chips  
are  in  contact  with  a  cold  bar  that  is  in  fact  one  long  evaporator  tube.  
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ABSTRACT
In vapor-compression systems, superheated vapor condenses with temperature gradient. A “3zone” (superheated, two-phase and subcooled) approach is not fully representative of the process
because condensation happens earlier and later than bulk quality 1 and 0 respectively.
The new approach, which is “5-zone” (additional condensing superheated and condensing
subcooled), addresses those issues by capturing the non-equilibrium effects.
Void fraction and flow regime measured in 4 and 6 mm smooth horizontal round tubes are used to
validate the new approach in the range: mass flux from 50 to 400 kg m-2 s-1; heat flux 5 to 15 kW
m-2; condensing temperatures 30 and 50oC. The refrigerants explored are R32, R134a,
R1234ze(E), R245fa and R1233zd(E).
Comparing to the “3-zone” approach, the new void fraction correlation and flow regime map
expend the prediction range by finding the real onset and end of condensation, providing grounds
for new heat transfer and pressure drop models.
Keywords: Vapor-Compression System, Void Fraction, Flow Regime Map, Non-Equilibrium,
Condensing Superheated Region.

1. INTRODUCTION
When the superheated refrigerant vapor comes out of the compressor and enters the condenser,
usually the refrigerant does not condense right away, and in addition to the two-phase (TP) region,
there are regions where single-phase refrigerant is present. In a conventional way of modelling, a
3-zone approach is taken, where the TP region is preceded by the superheated (SH) region, and
followed by the subcooled (SC) region. The first droplet forms at thermodynamic (bulk) quality 1
and the last vapor disappears at bulk quality 0. However, according to the works by Minkowycz
and Sparrow (1969), Fujii et al. (1978), Webb (1998), Kondou and Hrnjak (2011, 2012), Agarwal
and Hrnjak (2015), Meyer and Hrnjak (2016), condensation happens before the specific enthalpy of
the flow reaches that of the bulk quality 1. This means there could be 5 different regions during a
condensation process, with another two regions called the condensing superheated (CSH) region
and condensing subcooled (CSC) region. As a matter of fact, as soon as the wall temperature
drops to the saturation temperature, the liquid film forms and condensation begins. This
phenomenon has pronounced impact on the condensation process and its effect (the nonequilibrium effect) is characterized by Xiao and Hrnjak (2016, 2017a, 2017b, 2018a, 2018b, 2018c,
2018d). This paper will talk about the effect of non-equilibrium on two of the most important
parameters in the modeling of a two-phase flow—void fraction and flow regime, in a vaporcompression system.

2. VOID FRACTION AND CORRELATIONS
Film thickness measurements have been conducted with a non-intrusive method and during the
condensation process in facility, both of which are introduced by Xiao and Hrnjak (2017). Fig. 1 is a
schematic of the method. Basically, a LED light is shined upon a glass tube whose outer wall is
wrapped by the duct tape. The function of the duct tape is diffusion so that the pointed light source
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can be assumed to be facing each different directions. There is one angle called “critical angle”
that any light trying to across the liquid-vapor interface will be reflected back, and it depends on the
refractive indices of refrigerant and glass. This phenomenon is called “total reflection”. As long as
total reflection happens, the brightness of the light increases because the energy loss through
refraction is minimum, and it created a light pattern that looks like an ellipse in Fig. 1. Because the
size of the ellipse is directly related to the film thickness, with careful calibration, it is possible to
measure the running film inside a glass tube non-intrusively. Fig. 2 illustrated the results of the film
thickness measurements. It is obvious that liquid film starts to be condensed on the tube wall
before the specific enthalpy drops to that of bulk quality 1. Hence, the void fraction has to be lower
than 1 at and even before bulk quality 1. A brief comparison horizontally and vertically
demonstrates the development of the liquid film as condensation proceeds and the effect of mass
flux on the film distribution. Due to the pulling from the gravity, the film starts to be drawn to the
bottom of the tube once it gets thicker. Because the shear force from the vapor core tends to
spread the film along the tube circumference, the higher the mass flux, the more uniform the film
distribution is. Fig. 3 shows the void fractions converted from the film thickness measurements
against specific enthalpies and the comparisons with some correlations using bulk qualities.
Apparently none of the curves in Fig. 3 fit the experimental data, and this is expected. When bulk
quality is used, it is automatically assumed that the temperature profile is uniform inside the tube.
The fact that non-equilibrium effects exist during an operation in a vapor-compression system
makes it impossible for bulk quality to represent the actual temperature of the refrigerant. In order
to have a more accurate definition of “quality”, which is technically the ratio between the vapor
mass flow rate and total mass flow rate for a two-phase flow, “superficial quality” is proposed by
Xiao and Hrnjak (2016), where the specific enthalpy is used to find the onset and end of
condensation. The onset and end of condensation are calculated by Eq. (1-2). Both equations
require iteration to find the temperature or specific enthalpy, and the single-phase HTC correlation
could be any that fit into the application. For example, correlations by Gnielinski (1976) or DittusBoelter equation are recommended. The criteria for the onset of condensation is that the wall
temperature becomes the saturation temperature; the criteria for the end of condensation is that
the highest temperature inside the tube becomes the saturation temperature (note that an
empirical constant 0.33 is needed here to match the experimental observations). Then the
superficial quality is defined in Eq. (3). Then if we apply the superficial quality instead of bulk
quality into a correlation such as the one developed by El Hajal et al. (2003), a better fit can be
realized in Fig. 4 because the non-equilibrium effects have been taken into consideration. It is
worth mentioning here that even though the authors decided to employ superficial quality on the
specific correlation by El Hajal et al. (2003), it could be used in other correlations when required by
the applications. As long as the onset and end of condensation do not happen at bulk quality 1 and
0, which is probably true for any heat transfer process, superficial quality can better reflect the
mass fraction of vapor inside the tube, thus improves the predictability of not only void fraction
correlations, but also the relevant correlations such as those for the heat transfer and pressure
drop.
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Figure 1: The principle of using total reflection to measure the film thickness

	
  

Figure 2: Film thickness measurements at 4 specific enthalpies under 3 mass fluxes
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Figure 3: Void fractions of R134a condensing at 50 C in a 6 mm tube under 3 mass fluxes
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Figure 4: Experimental data are better predicted by using superficial quality instead of bulk quality

	
  

3. FLOW REGIME AND FLOW REGIME MAP
Flow regimes are defined differently by different researchers. For the two-phase flow during
condensation, four different types of flow regimes—annular, intermittent, stratified-wavy, and fullystratified—are most commonly referred to. Annular flow has an annular liquid ring around the
circumference of the wall and core vapor at the center. The film thickness is usually assumed to be
uniform but not necessarily so in reality. Annular flow is always the first flow regime to be observed
during a condensation process. When the wall temperature becomes the saturation temperature,
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the entire tube circumference is covered with liquid. Due to the high void fraction at the beginning
of the condensation, the film is too thin to be pulled down by the gravity force, or be peeled off by
the wall by the shear force, or form stable liquid slug, thus annular flow is the only possible option
right after the onset of condensation. Stratified-wavy flow comes after the annular flow when the
gravity dominates over the shear force and surface tension. The gravity pulls some of the
condensate from the upper part of the tube down to the bottom and form a liquid pool there. The
film thickness at the bottom is greater than other parts of the tube for a stratified-wavy flow due to
the presence of the liquid pool. The wavy structure comes from two instabilities. One is the KelvinHelmholtz instability that is triggered by the velocity difference between vapor and liquid. For
horizontal tube, vapor velocity is always greater than liquid velocity because of the lower density of
the vapor and the fact that liquid first forms at the tube wall, which is stationary. The other source
of wave generation is the Rayleigh-Taylor instability, created directly by the density difference
between liquid and vapor. When the annular flow forms, some liquid is on top of the vapor, which is
less dense than the liquid, and so generates the Rayleigh-Taylor instability in the form of waves.
When the flow velocity decreases, the interface becomes calmer as the instability becomes less
significant. Eventually, the liquid-vapor interface, especially the interface of the liquid pool at the
bottom of the tube, becomes smooth, and the stratified-wavy flow transitions to the fully-stratified
flow. Fully-stratified flow is also affected by the dominant gravity, but the waves essentially die
down and the interactions between liquid and vapor grows weaker. Fully-stratified flow usually
happens at the low superficial qualities by the end of the condensation. Intermittent flow also
follows annular flow, but unlike transitions to the stratified-wavy flow, it happens at high mass
fluxes. When the mass flux is low, the shear force cannot overcome gravity and liquid pool forms.
When the mass flux is high, the shear force is high and spreads the liquid film to counter the
gravitational effect. Meanwhile, because of the large difference between liquid and vapor velocities,
the Kelvin-Helmholtz instability is significant and the waves are frequent and high. When the void
fraction becomes low, there could be sufficient liquid and waves to form stable liquid slugs that are
the signature of the intermittent flow. Intermittent flow also tends to occur at low superficial qualities
or small tubes where surface tension counters the gravity effects along with the spreading force
from the shear. Fig. 6 includes all four different type of flow regimes with the screen shots from the
high-speed videos during condensation processes under 4 different mass fluxes.

	
  

Figure 5: Four different types of flow regimes during condensation
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Figure 6: Flow regimes during complete condensation processes under 4 different mass fluxes

	
  

The transition between annular flow and stratified-wavy flow is expressed in Eq. (4), where the
gravity is completely countered by the surface tension and shear force. By plotting the Eq. (4)
under a specific condition in Fig. 7, it can be seen that the higher the mass flux, the longer the
annular flow persists. The transition line between stratified-wavy and fully-stratified flow can be
plotted from Eq. (6), which indicates the condition where Kelvin-Helmholtz instability vanishes.
When Eq. (5) is plotted in Fig. 8, it can be seen that the higher the mass flux, the longer the
stratified-wavy flow. The transition line between the annular flow and intermittent flow can be
plotted in Fig. 9 using Eq. (6). It can be seen that the higher the mass flux, the more likely there will
be intermittent flow. If the three transition lines are overlaid on the same chart, Fig. 10 can be
obtained, which can already be used as a flow regime map. To make sure that the flow regimes in
each region of the flow regime map are exclusive in that region, some simplifications are made on
Fig. 10 in the circled regions to attain Fig. 11, which is the final version of the flow regime map. In
Fig. 12 demonstrates how the flow regime map can extends to the applications in microchannels
by including the impact of surface tension. When the tube is a conventional round tube, all four flow
regimes are present. However, when the tube size becomes smaller, so do the regions affected by
stratification. This is because the surface tension becomes more and more important compared to
the gravity as the tube diameter decreases. Eventually gravity will be completely overwhelmed by
surface tension, and the stratification disappears. Therefore, microchannels are the tubes where
only annular and intermittent flow can be observed.
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Figure 7: Transition line between the annular flow and stratified-wavy flow
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Figure 8: Transition line between the stratified-wavy flow and fully-stratified flow

	
  

Figure 9: Transition line between the annular flow and intermittent flow

	
  

Figure 10: Plotting the three transition lines on the same chart

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1147

Figure 11: Fig. 10 simplified to be the flow regime map

	
  

Figure 12: Flow regime maps from conventional tubes to microchannels

	
  

4. CONCLUSIONS
Due to the temperature gradient inside the tube during condensation, the onset and end of
condensation is advanced and delayed. Therefore, void fraction drops below 1 before the specific
enthalpy drops to that of the bulk quality 1. Assuming equilibrium two-phase flow cannot give
accurate predictions of the void fraction. This can be corrected by using the superficial quality
instead. In addition to the void fraction, flow regimes during the condensation process in a vaporcompression system need to be reconsidered because of the non-equilibrium effect. The first flow
regime during the condensation process is always annular and three other flow regimes typically
follow the annular flow. The transition between annular flow and stratified-wavy flow is due to the
growing magnitude of gravity as condensate accumulates. The transition between stratified-wavy
flow and fully-stratified flow is because of the disappearance of Kelvin-Helmholtz instability. The
transition between the annular flow and intermittent flow is the result of growing waves and
formation of stable liquid slugs. A new flow regime map is proposed using superficial quality, and
its prediction range extends to the microchannels.
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NOMENCLATURE
P
T
Q
δ
r
x
ơ
µ

Pressure (Pa)
Temperature (K)
Heat flux (W m-2)
Film thickness (m)
Tube radius (m)
Quality
Surface tension (N m-1)
Dynamic viscosity (kg m-1 s-1)

d
G
HTC
ε
u
ρ
g

Tube inner diameter (m)
Mass flux (kg m-2 s-1)
Heat transfer coefficient (W K-1 m-2)
Void fraction
Velocity (m s-1)
Density (kg m-3)
Gravitational acceleration (m s-2)
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ABSTRACT
A typical “3-zone” models assume uniform temperature in the cross section of the tube during
condensation. The first droplet occurs when the bulk quality is 1. However, as soon as wall
temperature drops to the saturation, condensation begins regardless of what the bulk temperature
is.
The new heat transfer and pressure drop models use “5-zone” approach, seeking to capture the
two-phase mechanisms in the condensing superheated (CSH) and condensing subcooled (CSC)
regions.
Heat transfer coefficient and pressure drop measured in 4 and 6 mm tubes are used to validate the
new approach in the range: mass flux from 50 to 400 kg m-2 s-1; heat flux 5 to 15 kW m-2;
condensing temperatures 30 and 50oC. The refrigerants explored are R744, R32, R410A, R134a,
and R1233zd(E).
The new models are more physical and better fit the experimental data than the conventional
models, especially in the CSH region. This is because the latent heat and vapor-liquid interaction
are present even though the bulk temperature indicates otherwise.
.
Keywords: Vapor-compression system, Heat transfer, Pressure drop, Non-equilibrium, Condensing
superheated region

1. INTRODUCTION
Due to the temperature gradient, liquid film forms before the thermodynamic (bulk) quality
becomes 1. Because of the interactions between the liquid and wave, especially in the form of
waves at the liquid-vapor interface, the heat transfer coefficient and pressure drop tends to be
higher than predicted by a single-phase correlation. The phenomenon was introduced by
Minkowycz and Sparrow (1969), Fujii et al. (1978), Webb (1998), Kondou and Hrnjak (2011, 2012),
Agarwal and Hrnjak (2015), Meyer and Hrnjak (2016), where some heat transfer correlations were
proposed with limited range of applications, and no pressure drop developed. The non-equilibrium
effect has been extensively characterized by Xiao and Hrnjak (2016, 2017a, 2017b, 2018a, 2018b,
2018c, 2018d). This paper will talk about the effect of non-equilibrium on probably the most
important parameters when designing a condenser—heat transfer and pressure drop, in a vaporcompression system.

2. A MECHANISTIC HEAT TRANSFER MODEL
During the condensation process, usually the heat transfer coefficient (HTC) is considered to be
monotonically dropping, which makes sense because as more condensate is generated, the
density of the flow increases, thus the flow velocity deceases, causing the convective heat transfer
to be weaker. However, as the previous studies mentioned in section 1 mentioned, in the CSH
region, HTC could increase instead of decrease due to the presence of liquid film, namely latent
heat, during the heat transfer process. The seemingly counterintuitive trend was explained by Xiao
and Hrnjak (2016). A new definition for heat transfer coefficient, “film HTC”, was proposed,
reasoned by the positive correlation between film thickness and thermal resistance through the
liquid film. The definitions of bulk HTC and film HTC are listed in Eq. (1-2). It is obvious that in the
two-phase (TP) region, the two definition collapses into one, but in the CSH and CSC regions, bulk
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HTC measures the heat transfer behaviour through the entire two-phase flow, while film HTC only
characterizes the heat transfer capability through the liquid film. Because both HTCs talk about the
same process but from different angles, a mechanistic heat transfer model could be built upon the
film HTC so that it can be linked to the film thickness (which can be determined knowing the void
fraction and flow regime). Then the film HTC can be converted into the bulk HTC so that the
definition in CSC, CSH and TP is consistent with that in the superheated (SH) and subcooled (SC)
regions. Eq. (3) can be used to make the conversion.
𝑄
𝑇!"#$ − 𝑇!"##
𝑄
𝐻𝑇𝐶!"#$ =
𝑇!"# − 𝑇!"##
𝑄
𝑇!"# − 𝑇!"##
= 𝐻𝑇𝐶!"#$
=
𝑇!"#$ − 𝑇!";; 𝑇
!"#$ − 𝑇!"# +

Eq. (1)

𝐻𝑇𝐶!"#$ =

𝐻𝑇𝐶!"#$

Eq. (2)
𝑄
𝐻𝑇𝐶!"#$

Eq. (3)

A typical condensation process is demonstrated with Fig. 1. Superheated vapor enters the
condensation, whose HTC can be calculated using correlations by Gnielinski (1976) or DittusBoelter equation. Then with the heat transfer known, the model marches segment by segment until
the wall temperature becomes the saturation temperature, indicating the onset of condensation.
The onset of condensation can be calculated with Eq. (4). According to the flow regime map by
Xiao and Hrnjak (2018b), the first flow regime has to be annular, where the film distribution can be
assumed to be uniform. Using the void fraction correlation by Xiao and Hrnjak (2017a), the void
fraction of condensation from superheated vapor can be determined, which in turn can be used to
find the film thickness by Eq. (5). Eq. (6) is then used to find the film HTC for the annular flow,
where Ki is the wave-enhancement factor calculated by Eq. (7). The superficial liquid and vapor
velocities in Eq. (7) are calculated by Eq. (8-9). The film Reynolds number in Eq. (6) is defined by
Eq. (10). The transition from annular flow to the stratified-wavy flow can be found using the flow
regime map mentioned above. The intermittent flow is combined into the stratified-wavy flow for
simplicity. For stratified-wavy flow, the stratification angle, which is calculated from iterations using
Eq. (11), is used to represent the proportion of film flow at the upper part of the flow in relation to
the entire tube. Because the upper and lower part of the tube have different film thickness, the film
thickness for the upper part of the tube is assumed to be the film thickness at the transition
between annular flow and stratified-wavy flow. Thus the film HTC at the upper part of the tube can
be determined by the same equation for annular flow, which is Eq. (6). The film thickness at the
bottom of the tube can be determined from the stratification angle using Eq. (12). The overall film
HTC is calculated using Eq. (13). Then the film HTC at the bottom part of the tube can also be
determined by Eq. (6), but using a different film thickness. The end of condensation is calculated in
a similar manner as the onset of condensation in Eq. (14). After the end of the condensation, the
HTC goes back to being determined by single-phase correlations.

Figure 1: A typical process of condensation in a vapor-compression system
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𝜃!"#$"
2𝜋 − 𝜃!"#$"
𝐻𝑇𝐶!,!"!#$ = 𝐻𝑇𝐶!,!""#$
+ 𝐻𝑇𝐶!,!"#$%
2𝜋
2𝜋
𝑄
𝑇!,!"# = 𝑇!"# − 0.33
𝐻𝑇𝐶!"#

Eq. (7)
Eq. (8)
Eq. (9)
Eq. (10)
Eq. (11)
Eq. (12)
Eq. (13)
Eq. (14)

A comparison between the predictions from a 3-zone approach and a 5-zone approach is shown in
Fig. 2. Apparently the experimental data by Xiao and Hrnjak (2016) is better predicted by the
current model, especially in the CSH and CSC region. This is because in those two regions, even
though the specific enthalpy indicates single-phase flow inside the tube, it is actually two-phase
flow because of the non-equilibrium effect. The 5-zone approach, which is the current mechanistic
model captures this phenomenon, hence the higher HTC due to the presence of the latent heat is
predicted to a satisfactory level. Fig. 3 provides the comparison between predictions from the
current model and experimental data from Xiao and Hrnjak (2016). Most predictions are within 15%
from the experimental data on R134a, R32, R1234ze(E), R410A, as well as R744 under mass flux
from 100 to 200 kg m-2 s-1 and heat flux from 5 to 25 kW m-2 in a 6 mm tube. New experiments on
mixtures and microchannels are on the way.

Figure 2: Comparison between the current model and other models, and with experimental data
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Figure 3: Most experimental data are predicted within a discrepancy of 15%

3. A MECHANISTIC PRESSURE DROP MODEL
Due to the heat and momentum analogy, it is expected that when the HTC starts to increase in the
CSH region, the pressure drop increases, too. It is indeed the case according to Xiao and Hrnjak
(2018), where pressure drop during condensation of R32, R134a and R1233zd(E) in 6 and 4 mm
tubes were measured under different mass fluxes. For instance, in Fig. 4 pressure drop first
decreases in the SH region because the density of the flow increases and the velocity of the flow
decreases. However, even though the velocity of the flow keeps decreasing during the entire
condensation process, pressure drop increases after the onset of condensation, suggesting
another mechanism that increases pressure drop. According to the visualizations by Xiao and
Hrnjak (2017), it is obvious that right after the onset of condensation, liquid film forms on the tube
wall, and because of the instabilities, waves form on the liquid-vapor interface. The waves create
longer and rougher path for the vapor to flow through compared to the smooth tube wall, thus more
energy is dissipated during the process, which is manifested in the form of higher pressure drop.
To account for this effect, using a similar method as the mechanistic heat transfer model
introduced in Section 2, a mechanistic pressure drop model is also possible, knowing the void
fraction and flow regime. First of all, the effect of the waves on pressure drop needs to be
mathematically determined. The wave-enhancement factor is used to do the job. As mentioned in
the last section, waves form due to the Kelvin-Helmholtz instability and the Rayleigh-Taylor
instability. The minimum velocity difference required to trigger the Kelvin-Helmholtz instability is
expressed in Eq. (15). The most dangerous wavelength of the Rayleigh-Taylor instability is
expressed in Eq. (16). The higher the velocity difference between the liquid and vapor, the more
likely Kelvin-Helmholtz instability creates waves, thus the ratio between the difference between
liquid and vapor superficial velocities and the minimum velocity difference required represent the
frequency and strength of waves created by the Kelvin-Helmholtz instability. Meanwhile, the more
liquid there is, the more likely that the falling film forms waves at the interface due to the RayleighTaylor instability. Hence, the ratio between film thickness, which can be calculated using Eq. (5),
and the most dangerous wavelength is used here to represent the frequency and strength of the
waves generated because of the Rayleigh-Taylor instability. The wave-enhancement factor for
pressure drop is then defined as Eq. (17). Note that the wave-enhancement factor for pressure
drop in Eq. (17) is slightly different than that for heat transfer in Eq. (7). There are two different
paths the refrigerant can take. One is “annular-intermittent”; the other is “annular-stratified (wavy)”,
both of which are shown in Fig. 5. The two-phase flow pressure drop starts after the onset of
condensation. The pressure drop for the annular flow can be determined using Eq. (18). The bulk
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density in Eq. (18) can be calculated using Eq. (19). The correlation by Churchill (1977) is selected
to find the single-phase pressure drop. When the transition from annular flow to the intermittent
flow, β, which is calculated using Eq. (20), is used to characterize the length of the tube that is
occupied by the liquid slugs. In Eq. (20), the transitional void fraction is the void fraction calculated
at the transition between annular flow and intermittent flow. Similar to the heat transfer model, the
pressure drop of the liquid slug is modelled by Churchill correlation, and the rest of the flow
remained to be modelled by the annular flow model, which is Eq. (18). The film thickness of the
liquid annulus in intermittent flow is assumed to be the film thickness at the transition between the
annular flow and the intermittent flow. The overall pressure drop of an intermittent flow is calculated
using Eq. (21). If the mass flux is sufficiently low that stratified (wavy) instead of intermittent flow is
present, the tube should then be divided vertically rather than longitudinally because the film is
thicker at the bottom than the top. Under such circumstances, Eq. (22) is used to calculate the
overall pressure drop of the flow. The upper part of tube is still modelled as annular flow by Eq.
(18), whose film thickness is assumed to be the same as the film thickness at the transition
between annular and stratified (wavy) flow. The lower part of the tube is also modelled as annular
flow but the film thickness is calculated by Eq. (12), and the stratification angle is calculated using
Eq. (11). It can be easily seen that when the stratification angle α or β becomes 2π or 0,
condensation stops and the correlation reduces to Churchill correlation.

o

Figure 4: Pressure drop during R134a condensing in 6 mm tube at 30 C under 4 mass fluxes
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Figure 5: Two different path refrigerant can take during condensation from superheated vapor
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Eq. (15)
Eq. (16)
Eq. (17)
Eq. (18)
Eq. (19)
Eq. (20)
Eq. (21)
Eq. (22)

A comparison between the predictions from a 3-zone approach and a 5-zone approach is shown in
Fig. 6. For the 3-zone approach, Churchill correlation and correlation by Friedel (1979) are used.
There is obvious underprediction in the CSH region due to the neglect of liquid-vapor interaction,
which is the waves mentioned above. Using the 5-zone approach in this section, the
underprediction is corrected and the overall accuracy of the model prediction improves. The 5-zone
approach also creates a seamless line throughout all 5 regions, which is hardly achieved by the 3
zone approaches. The seemingly continuous curve in Fig. 6 with the 3-zone approach is artificially
created by using Churchill instead of Blasius equation in the Friedel correlation. In this way the
effect of surface roughness can be consistence in SH, TP and SC regions. Fig. 7 shows the
comparison between the predictions by the 5-zone approach and the experimental data, which is
from the condensation of R32, R134a and R1233zd(E) at 30 oC in 4 and 6 mm tubes under mass
fluxes ranged from 100 to 400 kg m-2 s-1. The model predictions have a difference smaller than
10% with the experimental data, most of which are in the lower magnitude region. This is probably
due to the systematic error when the pressure drop is small. New experiments on mixtures and
microchannels are on the way.
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Figure 6: Comparison between the current model and other models, and with experimental data

Figure 7: Most experimental data are predicted within a discrepancy of 10%

	
  

	
  

4. CONCLUSIONS
A mechanistic model for heat transfer and pressure drop is described in this paper. For heat
transfer in a vapor-compression system, as soon as the wall temperature drops to the saturation
temperature, condensation begins. The liquid film brings latent heat into the picture and heat
transfer coefficient increases as a result. The superficial quality is used in order to better
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characterize the fraction of vapor mass flow rate inside the tube. Film heat transfer coefficient is
first modelled by connecting the heat transfer coefficient with the film thickness, flow regime, and
single-phase heat transfer correlation. Then the film heat transfer coefficient is converted back to
the bulk heat transfer coefficient so that the definition of the heat transfer coefficient is consistent
for single-phase and two-phase regions. As for the pressure drop, after the onset of condensation,
due to the presence of liquid film, waves form at the liquid-vapor interface. The interfacial film
dissipates more energy and the pressure drop increases rather than decreases in the CSH region.
However, as the flow velocity decreases as condensation proceeds, eventually the pressure drop
decreases again. The pressure drop is modelled in a similar way as the heat transfer model.
Wave-enhancement factor indicates the relationship between waves and instabilities, and provide
the mathematical interpretation of the effects of waves on pressure drop. Both heat transfer and
pressure drop models are compared to the experimental data and good agreements are achieved.
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NOMENCLATURE [Ref, Nom, Ack Heading]
P
T
Q
δ
k
x
ơ
µ
PD

Pressure (Pa)
Temperature (K)
Heat flux (W m-2)
Film thickness (m)
Conductivity (W K-1 m-1)
Quality
Surface tension (N m-1)
Dynamic viscosity (kg m-1 s-1)
Pressure drop (Pa m-1)

d
G
HTC
ε
u
ρ
g
Ɵ

Tube inner diameter (m)
Mass flux (kg m-2 s-1)
Heat transfer coefficient (W K-1 m-2)
Void fraction
Velocity (m s-1)
Density (kg m-3)
Gravitational acceleration (m s-2)
Angle (rad)
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ABSTRACT
Although flow boiling in small channels was intensively investigated, the influence of binary mixture
composition on flow boiling in microscale has not been widely studied so far.
The aim of this study is to investigate heat transfer to binary mixtures in finned compact evaporators.
Three coupled physical phenomena are examined: thermodynamic (mixture vaporization),
hydrodynamic (two-phase upward flow) and interphase mass and heat transfer.
An experimental rig is being designed to study the upward vaporization of binary mixtures. The fluids
tested are either HFC (mixture of R-134a and R-245fa) or hydrocarbons. The test section is an
electrically-heated passage with serrated fins which allows flow regimes visualization.
In this paper, a review about flow boiling of mixtures will be presented as well as the description of the
experimental apparatus and the goals behind this study.
Keywords: Flow boiling, Binary mixtures, Offset strip fins, Upward two-phase flow, Micro-channels

1. INTRODUCTION
Natural gas is having nowadays a bigger place in the energy mix. Due to political, technical and market
flexibility purposes, it is increasingly liquefied for storage and shipping. Within this context, finned
compact evaporators such as brazed Aluminum heat exchangers are intensively used in order to cool
natural gas to -160°C using a refrigerant mixture. This mixture undergoes a vertical upward vaporization
since the liquefied natural gas is easily recovered by gravity at the bottom of the heat exchanger and a
counter-current heat exchange is always recommended in order to achieve high heat exchange
efficiencies. Thus, the main goal of this paper is to investigate this upward vaporization of mixtures in
confined geometries such as offset strip fins (rectangular finned channels with 𝐷ℎ ~ 1.75 𝑚𝑚). The
hydrodynamic two-phase flow, the vaporization of mixture and the interphase mass and heat transfer
will be studied. The important results found in literature dealing with this subject will be shown as well
as the experimental rig dedicated to this study.

2. UPWARD TWO-PHASE FLOW
2.1.

Flow Regimes and Flow Maps

Although there is a big disparity between different authors to define flow regimes, they all agree that the
interface between vapor and liquid phases adopt specific shapes depending on liquid and gas velocities.
In co-current upward flow, the major flow patterns encountered in literature are presented in Fig. 1. We
find mainly:
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-

Bubbly flow: a gas phase present as discrete bubbles within a volume mainly occupied by liquid.
Slug flow: the bubbles coalesce and form vapor slugs, which have the cross-section limited by
the channel geometry. A liquid continuum is trapped between these vapor slugs and contain
smaller bubbles.
Churn flow: the vapor slugs present some instabilities as the gas velocity increases. It results in
a big oscillatory flow pattern characterized by a chaotic liquid-vapor interface.
Annular flow: a vapor continuum is trapped between the liquid films present on the channel wall.
It is the more stable flow regime.
Mist flow: the liquid film on the channel is interrupted and the “dry-out” regime is observed. It is
characterized by the presence of some liquid droplets in a volume mainly occupied by the gas
phase.

Figure 1: Different flow regimes in co-current upward two-phase flow (Mishima and Hibiki, 1996)

The identification of flow patterns during upward vaporization study is important as long as the
investigation of heat transfer mechanisms require significant information about the flow configurations.
Hence, a flow map of the studied two-phase system in the corresponding geometry has to be established
to analyze properly in which conditions a flow regime can appear. Usually, flow maps are shown in liquid
and gas superficial coordinates:
Gas superficial velocity:
Liquid superficial velocity:

𝑢𝐺 =
𝑢𝐿 =

𝑥𝐺

𝜌𝑣
(1−𝑥)𝐺
𝜌𝐿

Eq. (1)
Eq. (2)

It is requisite to point out that between these different flow regimes, there are transition zones, which
depend on the fluid used and the geometry considered. In fact, flow patterns in narrow channels might
be significantly different from those in large ones. From a hydraulic point of view, Wang (2014) explains
this deviation with a possible change in the dominant forces such as surface tension (capillary forces)
which become much stronger when reducing the channel size while gravitational forces are usually
weakened. Therefore, a transition criterion is needed to mark the distinction between microscale and
macroscale. However, several transition limits have been proposed in literature and no universal
criterion has been established so far. Table 1 gives an overview about some transition limits, some of
them are based on geometric considerations (e.g. hydraulic diameter) and others are based on the fluid
used (e.g. confinement number) and flow characteristics (e.g. Reynolds number).
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Author
Kandlikar
(2002)

Table 1: Some definitions of transition criteria between micro and macroscale

Transition criterion
Micro heat exchanger: 𝐷ℎ = 1 - 100 μm
Meso heat exchanger: 𝐷ℎ = 100 μm - 1 mm
Compact heat exchangers: 𝐷ℎ = 1 - 6 mm
Conventional heat exchangers: 𝐷ℎ > 6 mm

Suo and
Griffith
(1964)
Zhang
(2009)
Li (2010)

Remarks
Based only on hydraulic
diameter

Based on fluid characteristics
and hydraulic diameter

𝜆/𝐷ℎ > 0.5: Micro-channels

Based on fluid characteristics
and hydraulic diameter
Takes into account all the
present forces; viscous,
gravitational, inertia and
surface tension

𝐶𝑜 > 0.5: Micro-channels
𝐵𝑜 √𝑅𝑒 < 200: Micro-channels

Carey and Mandrusiak (1985) studied upward two-phase flow of water, methanol and n-butanol in
vertical channels containing serrated fins. The hydraulic diameter of this specific geometry based on
wetted perimeter is 5.15 mm. The mass flux was ranging from 3 to 100 𝑘𝑔. 𝑚−2 . 𝑠 −1 and vapor quality
from 0.05 to 0.7. They postulated that a rapid transition from bubbly, slug and churn to annular flow was
observed. A possible interpretation of this observation is that offset strip fins create sufficient pressure
drop able to stabilize the flow. Thus, according to them, a more stable flow regime is rapidly set up when
using serrated fins.
2.2.

Pressure Drop

Generally, two-phase pressure gradient in flow boiling is composed mainly of three terms (Eq. (3)). The
first one is due to the effect of gravity. The second one is related to inertia and acceleration of the two
phases and the last one is the impact of friction between liquid and gas phases.
𝑑𝑃

( 𝑑𝑧 )

𝑑𝑃

𝑇𝑜𝑡𝑎𝑙

= ( 𝑑𝑧 )

𝐴𝑐𝑐𝑒𝑙𝑒𝑟𝑎𝑡𝑖𝑜𝑛

𝑑𝑃

+

( 𝑑𝑧 )

𝐺𝑟𝑎𝑣𝑖𝑡𝑎𝑡𝑖𝑜𝑛𝑛𝑎𝑙

𝑑𝑃

+

( 𝑑𝑧 )

𝐹𝑟𝑖𝑐𝑡𝑖𝑜𝑛𝑎𝑙

Eq. (3)

The gravitational and the acceleration terms are generally considered as negligible for vertical flow
boiling. Moreover, when considering the separated model flow, the two-phase frictional pressure drop
may be given by Eq. (4):
𝑑𝑃

𝑑𝑃

( 𝑑𝑧 )

𝐹𝑟𝑖𝑐𝑡𝑖𝑜𝑛𝑎𝑙

𝑑𝑃

= (𝛷𝑉 )² ( 𝑑𝑧 ) = (𝛷𝐿 )² ( 𝑑𝑧 )
𝑉

𝐿

Eq. (4)

Kim and Sohn (2006) focused on pressure drop in offset strip fins while investigating flow boiling of
R-113. Their hydraulic diameter was around 2.84 mm. In order to predict pressure drop they used the
correlation of Lockhart and Martinelli (1949) given by Eq. (5) and Eq. (6).
𝐶

1

𝜒

𝜒²

Ф2𝐿 = 1 + +

𝜒²

𝑑𝑃
)
𝑑𝑧 𝐿
= 𝑑𝑃
=
( )
𝑑𝑧 𝑉

(

𝑓𝐿 𝜌𝑉 (1−𝑥)2
𝑓𝑉 𝜌𝐿 𝑥2
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The deviation between this correlation and experimental results was about 20%. However, the authors
postulated that Martinelli parameter is not suitable to study pressure drop in serrated fins since the
correlation of two-phase flow for serrated fins has to take into consideration both wall friction and fin
form drag.

3. MASS AND HEAT TRANSFER
3.1.

Definitions

While heating a subcooled liquid in vertical upward flow configuration, thermodynamic phase-change
involves two main mechanisms of heat transfer from the wall to the fluid:
- Nucleate boiling (NB): which manifests itself by the formation of bubbles on a heated wall. Many
authors agree that heat transfer mechanism is characterized by a big dependence on only heat
flux input. Mass flux and vapor quality do not have a significant influence on heat transfer
coefficient in this specific mode of heat transfer, which is present especially in bubbly, slug and
churn flows.
- Convective evaporative boiling (CB): which corresponds to liquid vaporization at the vapor-liquid
interface. This mode of heat transfer is characterized by a bid dependence upon mass flux and
vapor quality. Heat flux has little impact on heat transfer coefficient in this configuration present
mainly in annular flow.
3.2.

Flow Boiling of Binary Mixtures

Jung and Radermacher (1992) studied the effect of composition and mixtures on flow boiling and heat
transfer coefficient. They reported that nucleate boiling is suppressed for all mixtures used at vapor
qualities greater than 20%. They concluded that convective boiling is thereby the main mode of heat
transfer for all the mixtures investigated. Moreover, a very important result has been reported in their
paper, which consists in the reduction of heat transfer of about 55% when using mixtures with large
volatility difference comparing to the results obtained using pure fluids. They explained this observation
with three main reasons: the presence of an additional mass transfer resistance, a possible degradation
of fluid properties when using mixtures and finally the reduction of mass flow rates leading to the
reduction of heat transfer coefficient. Fig. 2 shows the results of heat transfer coefficient found by these
authors for different heat fluxes. The graph depicts two main distinct regions. The first one is called
partial boiling regime characterized by a big dependence on heat fluxes at low vapor qualities (NB). For
the second region observed for high vapor qualities, annular flow is being set up, the liquid film present
on the wall becomes thinner as the vapor quality increases. Hence, the heat transfer resistance
decreases and the superheat between the wall temperature and the saturation temperature is no longer
able to sustain bubble formation on the wall. Therefore, the nucleate boiling region is suppressed and
convective boiling is the major mode of heat transfer. The vapor quality at which this transition occurs
is called “suppression of nucleate boiling” (XSNB).
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Figure 2: Heat transfer coefficient as a function of vapor quality for different heat fluxes, mixtures used
(R-12/R-152a and R-22/R-114), 𝑫𝒉 = 9.1 mm, q=10-45 𝒌𝑾. 𝒎−𝟐 (Jung and Radermacher, 1992)

Jung and Radermacher (1992) observed that XSNB is much lower for mixtures than for pure fluids in
the same conditions. This might be explained by two main mechanisms proper to binary mixtures. The
first possible explanation is related to the internal process of local bubble dynamics. If we consider, a
single-component system, the only limitation for the bubble growth is the diffusion of the latent heat of
vaporization through the liquid-vapor interface. However, for binary mixtures, another additional
limitation appears. In fact, the volatility difference between the lightest and heaviest components leads
to a stripping of the most volatile component from the liquid phase to the vapor core. A local
concentration gradient is thereby established and the lightest component diffuse in the vapor core of the
bubble. Eventually, this leads to an additional mass transfer resistance to heat transfer mechanism. The
more the volatility difference between the two components is large, the more this additional limitation is
apparent and the less XSNB would be.
The second explanation is that bubble growth mechanism is directly related to the wall superheat (𝐓𝐰 −
𝐓𝐬𝐚𝐭 ). Fig. 3 gives the equilibrium diagram of the zeotropic mixture used by Jung and Radermacher
(1992). Initially, 𝐗 𝐛 is the composition of the most volatile component. Thus, the superheat is equal to
(𝐓𝐰 − 𝐓𝐛 ) (see Fig. 3). However, locally, at the interface of the bubble, and since the lightest component
is diffusing into the vapor core, the liquid is depleted of the most volatile component. Therefore, locally,
the bubble temperature of the liquid near the interface would increase from 𝐓𝐛 to 𝐓i . Thus, the superheat
is reduced to 𝚫𝐓𝐞𝐟𝐟 .Hence, this mechanism is responsible for slower growing bubbles. Consequently,
nucleate boiling is rapidly suppressed when dealing with binary mixtures comparing to pure fluids.

Figure 3: Two-phase equilibrium diagram for zeotropic mixtures, the mechanism of reducing superheat
at liquid and vapor interface (Jung and Radermacher, 1992)

Abadi et al. (2015) investigated flow boiling of R-134a and R-245fa mixtures in a 3 mm-diameter tube.
They concluded from the results shown in Fig. 4 that heat transfer coefficient of mixtures is under the
straight ideal line connecting heat transfer coefficients of pure fluids. If A and B are the two components
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of the binary mixture with 𝐱 is the molar concentration of A, then the ideal heat transfer coefficient would
be:

1
ℎ𝑖𝑑

=

𝑥
ℎ𝐴

+

1−𝑥
ℎ𝐵

(7)

Figure 4: Heat transfer coefficient of mixtures and difference from ideal straight line. Results found for
G=300 𝒌𝒈. 𝒎−𝟐 . 𝒔−𝟏 , x=0.48 - 0.51 (Abadi et al., 2015)

This reduction in heat transfer coefficient is due to interphase mass transfer.

4. EXPERIMENTAL APPARATUS
In order to investigate upward vaporization of mixtures, an experimental bench presented in Fig. 5 is
being designed. The test section is an electrically heated vertical single fin passage covered with a
transparent plate allowing the visualization of two-phase flow and bubbles shape. The fins used within
this passage are serrated (𝐷ℎ ~ 1.75 𝑚𝑚). The opposite side of the passage will be electrically heated.
The fluids tested are hydrocarbons (mixtures of n-butane/n-hexane; isobutane/n-hexane) and
hydrofluorocarbons (mixtures of R-134a and R-245fa) which are zeotropic mixtures. The measurement
rig contains a circulation pump. A pre-heater is used in order to reach the bubble point temperature at
the vaporizer inlet. The fluid leaves the test section in a superheated state. Then it enters a condenser
designed in order to subcool the fluid before entering the liquid buffer capacity. The operating pressure
in the test section is ranging from 2 to 5 bar absolute and the mass flux used is around 40 𝑘𝑔. 𝑚−2 . 𝑠 −1 .

Figure 5: Schematic view of the experimental loop

A section across the thickness of the vaporizer (the test section) is presented in Fig. 6. Heating
resistances are inserted into thick aluminum blocks able to homogenize the heat input at the wall
channel. A Nitrogen “layer” is pressurized at 6 bar absolute (above the operating pressure in the finned
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passage). It avoids a possible bypass between the glass plate and the serrated fins. Along with the
polycarbonate plates, this layer reduces the heat losses. The glass and the polycarbonate plates allow
the visualization of the upward two-phase flow and the bubble formation. The overall test section, while
using hydrocarbons is contained in a Nitrogen airtight box to avoid explosive atmosphere.

Figure 6: Schematic view of the test section

Throughout the exploitation of this experimental bench, series of measurements of the heat transfer
coefficient and the pressure drop will be carried out by varying the operating parameters (temperature,
pressure, flowrates, heat input, and composition of the binary mixtures). On this purpose, temperatures
and pressure indicators are inserted into the test section. Moreover, thanks to flow visualization, flow
patterns will be set up along with the study of hydrodynamic instabilities. Finally, the impact of binary
mixtures and mass transfer on heat transfer efficiency will be investigated.

5. CONCLUSIONS
In this present paper, a state-of art has been presented regarding flow boiling of binary mixtures in
compact and confined finned evaporators. As a conclusion, the use of binary mixtures may reduce the
heat transfer coefficient comparing to the values obtained with pure fluids. However, mixed refrigerants
are used in LNG liquefaction processes in order to limit the entropy generation and improve the
performance of evaporators.
In order to study the three coupled physical phenomena governing the internal process of flow boiling
in microscale, an experimental bench is being designed. The design of this measurement rig is ongoing;
the first results will be obtained by June 2019.

NOMENCLATURE
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x
𝐷ℎ
𝑢𝐺 , 𝑢𝐿
𝜌𝑉 , 𝜌𝐿
Co

Molar concentration of the
component A (𝑚𝑜𝑙. 𝑚𝑜𝑙 −1)
Hydraulic diameter (m)
Superficial velocity of vapor or liquid
phases (𝑚. 𝑠 −1 )
Density of the vapor or liquid phases
(𝑘𝑔. 𝑚−3 )
1

Confinement Number = D √(ρ
h

dP/dz

σL

Re

Reynolds number =

q
𝑇𝑤

Heat flux (𝑘𝑊. 𝑚−2 )
Wall temperature (K)

ℎ𝐴 , ℎ𝐵
λ

L −ρV )g

𝐺𝐷ℎ
𝜇𝐿

Heat transfer coefficient of the
component A or B (𝑊. 𝑚−2 . 𝐾 −1 )
Laplace constant =√(ρ

σL

L −ρV )g

Pressure gradient (𝑃𝑎. 𝑚−1 )

𝑇𝑠𝑎𝑡

saturation temperature (K)

G

Mass flux (𝑘𝑔. 𝑚−2 . 𝑠 −1 )

𝐵𝑜

x

Vapor quality

α
σ
χ
𝑔

Void fraction
Surface tension (𝑁. 𝑚−1 )
Martinelli Parameter
Gravitational constant (𝑚. 𝑠 −2 )

PI
TI

Pressure indicator
Temperature indicator

Bond number = 𝐿 σ𝑉 ℎ
Friction factors for vapor or liquid
phases
Superheat (K)
Liquid or vapor two-phase multipliers
Liquid viscosity (Pa.s)
Ideal heat transfer coefficient
(𝑊. 𝑚−2 . 𝐾 −1 )
Flow indicator
Binary composition indicator

𝑓𝑣 , 𝑓𝐿
ΔT
Ф𝑉 , Ф𝐿
𝜇𝐿
ℎ𝑖𝑑
FI
CI

(𝜌 −𝜌 )𝑔𝐷 ²
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ABSTRACT
The effects of lubricating oil on flow boiling of low Global Warming Potential refrigerants (R-290, R1234yf, and R-32) in extruded multiport tubes with 18 mini-channels with a square cross-section (0.9
× 0.9 mm) were experimentally investigated. In the experiments, local heat transfer coefficients, flow
visualization, and pressure drops were measured, and the effect of lubricating oil was investigated.
The experiments were conducted at oil circulation rates of 0–5.4 wt%, inlet quality of 0–0.25, mass
flux of 25–200 kg•m-2 •s-1, heat flux of 2.1–8.1 kW•m-2, and evaporation temperature of 15 °C.
Polyolester oil was used. The addition of a small amount of oil increased the heat transfer coefficient,
but as the amount of oil increased, the heat transfer coefficient decreased. The pressure drop
increased proportionally with the oil circulation rate; the pressure drops of R290, R-1234yf, and R32
were also compared.
Keywords: Lubricating Oil, Flow Boiling Heat transfer, Extruded Multi-Port Tubes.

1.

INTRODUCTION

High efficiency and compact heat exchangers are attracting increased attention, and research and
development are being conducted for energy efficient refrigeration and air conditioning equipment.
In general, it is possible to increase the heat transfer area per unit mass flow rate of fluid as the tube
diameter is decreased, and thus enhancing heat transfer inside the pipe. Therefore, to circulate the
refrigerant at the flow rate required for heat exchange while suppressing the rise in the pressure loss,
a multiport tube-type heat exchange is used.
Recently, many studies on boiling heat transfer in a pipe using low Global Warming Potential (GWP)
refrigerants have been reported to reduce the environment impact of high-efficiency heat exchangers.
Zhu et al. (2017) examined the heat transfer coefficient and pressure drop of R32 flow boiling in
horizontal tubes with inner diameters of 1 mm and 2 mm, and showed that the heat transfer
coefficient increased with decreasing tube size and increasing saturation temperature, mass flux, or
heat flux. Many studies have been conducted on the influence of lubricating oil on flow boiling heat
transfer and pressure drop. Filho et al. (2009) reviewed the flow boiling characteristics of
refrigerant/oil mixtures based on a large amount of open literature, and reported that according to
the results of numerous studies, increasing oil concentration increased pressure drop but had no
effect on heat transfer coefficient. Although there are only few studies on the influence of oil on flow
boiling heat transfer inside a small tube with a hydraulic inner diameter of 1 mm or less, Saitoh et al.
(2018) experimentally investigated the effect of oil on flow boiling of propane/oil mixture in minichannel multiport tubes with 18 paths of square cross-section (0.9 mm × 0.9 mm). They reported
that when the heat flux was low, the heat transfer coefficient tended to decrease almost uniformly as
oil concentration increased; however, when the heat flux was high, the heat transfer coefficient
increased with the addition of oil.
The purpose of this study is to investigate the effect of lubricating oil on the characteristics of flow
boiling heat transfer of low GWP refrigerants (R32, R1234yf, and R290) in mini-channel multiport
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tubes. The pressure drop was also investigated.

2. EXPERIMENTAL APPARATUS AND PROCEDURE
Fig. 1 shows a schematic diagram of the experimental setup that consists of a “test loop” and an “oil
loop.” The “test loop” consists of a gear pump, Coriolis-type flow meter, equipment for quality
adjustment (subcooler and preheater), mixer, test section, and condenser; this is the main circulation
flow path of the refrigerant. The refrigerant flow rate is controlled by the frequency of the gear pump;
the evaporating temperature of the evaporator was adjusted by changing the temperature of the
condenser; and the inlet vapor quality of the evaporator was controlled by quality control equipment.
The “oil loop” consists of a plunger pump, oil flow meter, part of the test loop, and oil separator (oil
separation efficiency 99.9%). The oil flow rate was adjusted by changing the pump frequency. Figure
2 shows a flow rectifying device, which suppresses intermittent flow and enables equal flow
distribution to multiport tubes. Figure 3 shows two types of test parts: (a) extruded multiport aluminum
tubes for the heat transfer experiment, and (b) multiport channels for visualization. The visualization
multichannels are equipped with a transparent glass plate on one side of the flow channels. Heating
of multiport tubes in (a) was done by Joule heating using DC power supply, while heating in (b) was
done by a rubber heater attached to the opposite surface of copper multiport channels. The multiport
channels (a) and (b) with the same square cross-section (0.9 mm × 0.9 mm) have 18 and 16 paths,
respectively. The outer wall temperature of the multiport tubes was measured by thermocouples (0.1
mm OD, T-type), and the measuring points were the intersections of the a, b, c lines, and the i lines
(i = 1 to 10) in Fig. 3(a). Refrigerant temperature and pressure at the inlet of the multiport tubes were
measured with a sheath thermocouple (1.6 mm OD, T-type) and pressure transmitter (PAA-35X,
accuracy 0.05% FS, manufactured by KELLER), respectively. All thermocouples were calibrated and
had an accuracy of 0.1 °C. Tables 1 and 2 list the properties of the refrigerant and oil, and the
experimental conditions, respectively. Heat transfer and visualization experiments were carried out
under a step-wise rise with oil circulation rate of 0–5 wt%. Experimental data was recorded on a
personal computer for various refrigerant temperature, pressure, flow rates (oil and refrigerant) and
stable flow conditions. Flow patterns were observed using a high-speed video camera. Flow is
vertical upflow.

Figure 1: Schematic diagram of experimental apparatus

Figure 2: Flow-rectifying device
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(a) Extruded multiport aluminum tubes
(b) Multiport channels for visualization
Figure 3: Evaporators for test section
Table 1. Properties of refrigerants and oil
Substance
Purity (%)
Density (liq. at 15 °C) (kg m-3)
Viscosity (liq. at 15 °C) (Pa s)
Surface tension at 15 °C (mN m-1)
Heat of evaporation at 15 °C (kJ kg-1)
Thermal conductivity (liq. at 15 °C) (W m-1 K-1)

R32
99.9
1000.9
127.3
8.42
290
0.133

R290
>99.5
507.5
107.7
8.24
352
0.098

Table 2. Experimental conditions
Experiment
Heat transfer
Test section
Aluminum multi-port extruded
tube (18 paths, 0.9 mm × 9.0
mm cross section, L=627 mm
heated section)
Inlet temperature (°C)
15
Inlet quality (-)
0.01−0.25
Outlet quality (-)
0.88−1.11
-2
Heat flux (kW m )
2.1−8.1
-2 -2
Mass flux (kg m s )
25−200
Oil (base oil)
POE (VG68)
Oil circulation rate, CO (wt%)
0−5.4

3.

R1234yf
99.5
1127.2
173.8
7.44
153
0.067

POE(VG68)
960

0.135

Visualization
Copper multi-port channel (16
paths, 0.9 mm × 9.0 mm cross
section, L=355 mm heated
section)
15
0−0.1
0.78−0.87
7.1−14.4
25−131
POE (VG68)
0−5.2

RESULTS AND DISCUSSION

The local heat transfer coefficient (h) was calculated by
h

TW

q
 Tbub 

Eq. (1)

where q, Tw, and Tbub are the heat flux, temperature at the inner wall, and boiling point of the
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refrigerant/oil mixture, respectively. We assumed that Tbub = Tsat, where Tsat is the saturation
temperature of the refrigerant corresponding to the local pressure interpolated from pressures at the
inlet and outlet of the tube. The difference in surface temperature between the inner and outer walls
was negligible. Assuming that the outer wall temperature distribution is symmetrical with respect to
the center line b, the wall temperature at the i-th point Tw,i was obtained from the following equation:
TW,i 

1
 2Ta,i  Tb,i  2Tc,i 
5

Eq. (2)

where Ta,i, Tb,i, and Tc,i are the temperatures of the outer wall. The oil circulation rate (Co) is defined
by
mo
Co  100
Eq. (3)
mr  m o

where mo and mr are the mass flow rate of oil and refrigerant, respectively. Vapor quality (x) was
calculated as:
m r,v
Eq. (4)
x 
mr

where mr,v is the mass flow rate of refrigerant vapor. The mass flux of the refrigerant is denoted as
G.

3.1.

Characteristic Aspects

As the pipe diameter decreases, the influence of surface tension increases, and the liquid becomes
uneven in the rectangular channel. In the cross-section of the channel, the amount of liquid is large
at the corner and small at the flat portion. Boiling occurs at the corner of the channel while liquid film
evaporation occurs at the flat part. The liquid film heat transfer remains good as the liquid film
becomes thinner, but when the liquid film disappears (called a dry patch), the heat transfer
deteriorates. Fig. 4 shows the boiling bubbles at the corner, the liquid film, and dry patch at the flat
portion. Since dry patches are more likely to occur as the heat flux increases, we considered that
when the heat flux is low, liquid film rupture hardly occurs and heat transfer remains high. Figure 5
shows the heat transfer coefficient (h) without oil; and for a wide range of vapor quality (x), the lower
the heat flux, the higher the heat transfer coefficient and the h, which supports the above. Since it is
known that the effect of mass flux (G) on the h is small from the experiment, the tendency of the h
in Fig. 5 shows the effect of heat flux.
0.9 0.1 0.9

wall

0.9

flow

0.9

boiling bubbles
t=0

dry patches
t = 3 ms

Figure 4: Dry patch

3.2.

Figure 5: Heat transfer coefficient for R32 with C0 = 0 wt%

Effect of Oil on Flow Pattern

It is known that foaming occurs when oil is mixed with refrigerant. In this experiment, the causes of
foaming are boiling and vapor-liquid mixing. Figs. 6(a) and (b) for x = 0.2 and x = 0.8, respectively,
show the flow patterns due to the differences in heat flux (q) and in oil circulation rate (C0). The main
flow regimes were slag flow (Fig. 6(a)-1) and annular flow (Fig. 6(b)-1). When heated, bubbles

appeared in the liquid slag (Fig.6 (a)-2), and small bubbles were observed in the liquid slag
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(a)-1 q=0 kW•m-2
C0=0 wt%

(a)-2 q=14.2 kW•m-2 (a)-3 q=14.2 kW•m-2 (a)-4 q=14.2 kW•m-2 (a)-5 q=7.1 kW•m-2
C0=0 wt%
C0=2 wt%
C0=5.2 wt%
C0=5.1 wt%
(a) x ≈ 0.2

(b)-1 q=0 kW•m-2
C0=0 wt%

(b)-2 q=14.2 kW•m-2 (b)-3 q=14.2 kW•m-2 (b)-4 q=14.2 kW•m-2
C0=0 wt%
C0=2 wt%
C0=5.2 wt%
(b) x ≈ 0.8
Figure 6: Flow patterns

when oil was added (Fig. 6(a)-3). Increasing C0 increased small bubbles (foaming, Fig. 6(a)-4), and
decreasing q decreased bubbles (comparison between Fig. 6(a)-4 and 5). Therefore, foaming is
greatly affected by the q. On the other hand, the flow pattern of x = 0.8 is an annular flow and foaming
was not observed. Foaming occurs in the area where nucleate boiling dominates (low vapor quality
area), and disappears in the high-quality area. The addition of oil tended to delay the transition from
slug flow to annular flow.
3.3.
Effect of Oil on Heat Transfer Coefficient
The lubricating oil and refrigerant R32 are partially immiscible in the liquid (see Fig. A. 1), but the
refrigerants R1234yf and R290 are miscible. Fig. 7 shows the influence of the oil on heat transfer
coefficient (h) for R32. When the heat flux (q) is low (Fig. 7(a)), the h with small amount of oil (C0 =
0.3 wt%) is larger than the h without oil; when C0 = 1.1 wt% or more, the h decreases monotonically
as oil increases. When the q is increased, the h is higher than the h without oil until C0 = 1 wt% (Fig.
7(b)). These tendencies are the same in the heat transfer experiments for R1234yf and R290. The
addition of oil increases the viscosity and surface tension of the mixture. Moderate increase in
viscosity and surface tension due to small amount of oil and foaming suppressed the occurrence of
dry patches. Moreover, the thermal conductivity of the oil is higher than that of the refrigerants. It is
thought that these improved the h. When the q is large, many dry patches occurred; in order to
suppress these, more oil is required. As the oil increases further, the viscosity of the refrigerant/oil
mixture increases, the increase in mass diffusion resistance in liquid suppresses the evaporation of
liquid film, and the h decreases. When the vapor quality is 0.8 or less, the h obtained from Eq. (1)
using the boiling point of the refrigerant/oil mixture shows that the h values of R32 and R1234yf
increased by up to 8% while that of R290 increased by 86%. The increase in R290 is large because
the boiling point increase was greater than the others.
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(a) q = 5 kW•m-2, G = 48 kg•m-2•s-1

(b) q = 8 kW•m-2, G = 76 kg•m-2•s-1

Figure 7: Effect of oil on heat transfer coefficient for R32

3.4.
Pressure Drop
Fig. 8 shows the ratio of the pressure drop (ΔP)
to the pressure drop (ΔPCo = 0) without oil with
respect to the oil circulation rate (C0). ΔP is the
pressure difference between the inlet and outlet
of the multiport tube; the inlet and outlet vapor
quality are xin = 0–0.16, xout = 0.95–1,
respectively. ΔP linearly increases with respect to
C0, and the rates of increase of R32, R1234yf,
and R290 are 0.2, 0.24, and 0.1 [wt%-1],
respectively. ΔP is greatly influenced by the
density and viscosity of the refrigerant; the ΔP of
R1234yf with large density and viscosity is large,
whereas ΔP of R290 with small density and
viscosity is small. When C0 is 5 wt%, the pressure
drops of R290, R32, and R1234yf are 1.5, 2, and
2.2 times, respectively, compared with that
without oil.

Figure 8: Pressure drop

4. CONCLUSIONS
Flow boiling heat transfer and visualization of low GWP refrigerant/oil mixtures were investigated
experimentally in multiport tubes. The results are summarized as follows.
(1) In mini-channel tubes with square cross-section, the heat transfer coefficient increases at low
heat flux because a thin liquid film formed on the flat part owing to the influence of surface tension.
The effect of evaporative heat transfer from the thin liquid film is significant.
(2) When oil was added, foaming occurred. Foaming is greatly influenced by oil concentration and
heat flux, and it is strong in the low vapor quality range where nucleate boiling dominates. The
addition of oil delayed the transition from slug flow to annular flow.
(3) The addition of a small amount of oil prevented the occurrence of dry patches and increased the
heat transfer coefficient; however, with increasing amount of oil, the heat transfer coefficient
decreased owing to an increase in the mass diffusion resistance of liquid.
(4) The pressure loss increased proportionally with the oil circulation rate. When C0 is 5 wt%, the
pressure drops of R290, R32, and R1234yf are 1.5, 2, and 2.2 times, respectively, compared with
that without oil.
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Appendix: Boiling point of R32 / oil mixture
The boiling point of R32/oil mixture was measured and the data was organized as
ln  Psat  

A
B
Tbub

Eq. (A-1)

where Psat is the saturation pressure. A and B are defined by the following equations:

A  a0  a1c  a2c 3  a3 c 5  a4 c 7
B  b0  b1c  b2c 3  b3 c 5  b4 c 7

Eq. (A-2)

where c and a0  4, b0  4 are the mass fraction of oil and coefficients, respectively. The coefficient values
were determined from Thome's method and experimental data. The following equation shows the
relationship between vapor quality (x) and oil mass fraction (c).
c

C0
1  x 100  C0   C0

Eq. (A-3)

Figure A-1 shows the measured values of vapor pressure against the mass fraction of R32 in the
R32/oil (POE (VG68)) mixture. The white symbols indicate that phase separation occurred in the
mixed solution, and the others are in miscible state. Table A-1 shows the coefficients obtained by
fitting the experimental values using Eq. (A-1). Figure A-2 shows the relationship between the oil
concentration c and the rise in the boiling point (ΔT = Tbub - Tsat) of the R32/oil mixture using Eq. (A1) and (A-3). When the vapor quality is x = 0.5 with oil circulation rate of 5 wt%, the oil mass fraction
c is 0.095, and the ΔT becomes 0.01 K for R32 (red arrow in Fig. A-2).
Table A-1. Coefficients of Eq. (A-2)
a0
a1
a2
a3
a4

-2380
212.1
-801.6
4523
-5995

b0
b1
b2
b3
b4

8.508
-0.736
2.356
-13.76
17.6

Figure A-1: Relationship between vapor
pressure and mass fraction of R32

Figure A-2: Relationship between c and
ΔT = (Tbub-Tsat)
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ABSTRACT
Hydrofluoroolefin (HFO) -1123 has very low GWP and ODP and is proposed as a next-generation
refrigerant in the fields of refrigeration and air conditioning. However, HFO-1123 may cause a
disproportionation reaction under high temperature and pressure conditions. Therefore, in order to
develop the practical applications of HFO-1123, it is necessary to first develop a technology that
suppresses the disproportionation reaction. In this study, we investigated the boundary between
various pressure and temperature conditions at which the disproportionation reaction propagates.
Disproportionation experiments were carried out under various temperature and pressure conditions
using a metallic pressure vessel having a capacity of 0.65 L, and changes in pressure, temperature,
and input energy were recorded. The disproportionation reaction was photographed with a highspeed camera, and the maximum temperature was determined by analyzing the video by the twocolor temperature radiometry method (H & B method). Immediately after the disproportionation
reaction, qualitative analysis was performed by GC-MS (Gas chromatography–mass spectrometry)
and the composition of the sampling gas was examined.
Keywords: Refrigeration, HFO-1123, GC-MS, Disproportionation reaction.
1.

INTRUDUCTION

In the field of refrigeration and air conditioning, the development of next generation refrigerants has
been studied in order to prevent depletion of the stratospheric ozone layer due to the use of
chlorofluorocarbons and hydrochlorofluorocarbons as refrigerants. HFC (Hydrofluorocarbon)
refrigerants have a low ozone depletion potential (ODP), but a high global warming potential (GWP)
which is a serious problem. Since the Kigali amendment to the Montreal Protocol was approved,
United Nations member countries are requesting to switch to low GWP refrigerants such as
hydrofluoroolefins (HFO) and natural refrigerants.
Substances with a low GWP have a short lifetime in the atmosphere and are easily decomposed.
This means that they are highly reactive in the atmosphere. Therefore, in many cases, the
compounds expected to appear as new low-GWP refrigerants have the disadvantage of having a
higher reactivity than conventional refrigerants. In addition, these compounds are highly flammable
and may undergo disproportionation reactions. Instability of refrigerants is a problem in converting
to low-GWP substances. Therefore, we need to evaluate these risks.
HFO-1123 (CF2=CHF) is a hydrofluoroolefin (HFO) and has no risk of ozone layer destruction. Since
this HFO contains a carbon-carbon double bond, it has low chemical stability and a short atmospheric
lifetime. Therefore, HFO-1123 has a much smaller GWP than the HFC refrigerants HFC-410A and
HFC-32 currently used for domestic air conditioners. As shown in Table 1, HFO-1123 has very low
GWP and ODP, and should be appropriate as a next-generation refrigerant in the field of refrigeration
and air conditioning.
Table 1. Properties of typical refrigerants
HFC-410A
HFC-32
ODP
0
0
GWP
2090
675

HFO-1123
0.0
0.3

However, HFO-1123 may undergo a disproportionation reaction as shown in Eq. (1) under high
temperature and high pressure conditions even without the presence of an oxidizing agent such as
oxygen (Lisochkin and Poznyak, 2006). This is a disproportionation reaction accompanied by a
marked rise in pressure and temperature. Thus it poses a danger that cannot be ignored considering
its practical use as a refrigerant for air conditioners.
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1
3
CF2 =CHF  CF4 + C+HF+250 kJ
2
2

Eq. (1)

Therefore, in order to put HFO-1123 into practical use, it is necessary first to develop a technology to
suppress the disproportionation reaction. The disproportionation of HFO-1123 is influenced not only
by its activation energy but also by its temperature and pressure. In this study, we investigated the
boundary between various pressure and temperature conditions at which the disproportionation
reaction occurs.
According to previous studies, it was found that the disproportionation of HFO-1123 was suppressed
by mixing R32 refrigerant with HFO-1123 (Otsuka et al., 2018). In this research, we aimed to evaluate
HFO-1123 as a refrigerant in air-conditioning equipment, and we studied its disproportionation reaction
which presents an obstacle for this purpose. Experiments were conducted, using a metal pressure
vessel, to study the effect of admixing substances to HFO-1123 on suppressing the disproportionation
reaction.

2. EXPERIMENTAL METHOD
2.1.

Schematic Diagram of the Experiment

Figure 1: Schematic diagram of the experimental apparatus

Experimental equipment for observing the disproportionation reaction of HFO-1123 and investigating
boundary lines of disproportionation reaction conditions in the experiments is depicted in Fig. 1. The
experimental equipment includes stainless steel pressure vessels, vacuum pumps, a refrigerant
cylinder, pipes, valves, safety valves and a water cooling device. Energy is applied by melting a
molybdenum wire to change pressure and temperature conditions. It was observed from the upper
and lower windows in the experimental vessel whether the disproportionation reaction started and
propagated.
2.2.

Experimental Apparatus

The refrigerant was introduced into a stainless steel vessel (Figure 2) having a pressure resistance
of 29 MPa and a temperature resistance of 200 °C. The inside of the vessel was cylindrical with a
diameter of 75 mm and a height of 148 mm; the internal volume of the vessel was 0.65 L. To observe
the reaction, there were two circular quartz glass windows with a diameter of 20 mm, on the side of
the vessel at heights of 54 mm and 94 mm from the bottom of the interior of the vessel. Four 300 W
cartridge heaters were inserted in the side wall of the vessel to control the gas temperature inside

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1175

the vessel and the temperature of the vessel itself, between ambient temperature and 200 °C. Two
round copper electrodes with diameters of 3 mm, spaced 45 mm apart, were inserted into the vessel
at a height of 40 mm from the bottom of the inside the vessel (Figure 3) in order to impart energy to
the gas inside.

Figure 2: Stainless steel vessel

2.3.

Figure 3: Bottom view of vessel

Discharged Energy

In this experiment, energy input at the start of the experiment was carried out by melting a Mo wire. By
connecting the copper electrodes with the molybdenum wire in the vessel and applying a high voltage
with a power supply device, the molybdenum wire was heated and melted, supplying the activation
energy necessary for initiation of the disproportionation reaction.
Fig. 4 shows the relationship between the length and the discharged energy, allowing measurement
of the amount of energy discharged.

Discharged energy[J]
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Figure 4: Relationship between the Mo wire length melted and the discharged energy
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Figure 5: Current and voltage change after melting
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Figure 6: Output changes over time

Increasing the length of the wire also increased the input energy. As a result, it was found that by
increasing the length of the molybdenum wire, the charging energy could be controlled in the range of
25 to 40 J. Changes over time of the current and voltage when the molybdenum wire melted are shown
in Fig. 5. Voltage application began 0.005 s after the start of measurement. Looking at the value of the
current over time, the current sharply increases when voltage is applied, and then it decreases
smoothly to 0.0054 s shortly thereafter. This is because the heat generated by the current flowing
through the molybdenum wire raises the temperature and resistance of the molybdenum wire. It was
estimated that the current sharply decreased after 0.0054 s, at which point molybdenum wire melting
occurred. It was confirmed that the voltage value was stable at 100 V. Fig. 6 shows how the power
output changed over time, and we find that it has almost the same peak for all lengths of Mo wire, when
the length changed it only extended the time required to melt the Mo wire. The amount of energy input
due to melting of the molybdenum wire was calculated by integrating the product of current and voltage
over time.
2.4.

Experimental Procedure

The experiments were carried out following the procedure described below:
1. After confirming that no short circuit is occurring between the electrode and the lower lid,
connect the electrodes with a molybdenum wire.
2. Tighten the lower lid with a hexagon head bolt.
3. After evacuation with a vacuum pump, HFO-1123 is heated to reach the target pressure after
heating.
4. Heat to the target temperature with a heater embedded in the wall of the container.
5. Energy is injected into the container by melting molybdenum wire at 100 V DC.
6. Disproportionation reaction is observed from the window with a high-speed camera already
focused.
7. After the reaction, sample gas is collected, a qualitative analysis is performed with GC-MS,
and then the gas in the container is evacuated.
2.5.

Experimental Conditions

To clarify the influence of pressure and temperature at the energy input time on propagation of the
HFO-1123 disproportionation reaction, experimental conditions are presented in Table 3.
Table 3. The experimental conditions

Volume of the vessel
Diameter of the molybdenum wire
Length of the molybdenum wire
Voltage
Operation time
Gas temperature
Gas pressure
Input energy

0.65 L
0.2 mm
50 mm
100 V
10 s
100–170 ºC
0.70–1.10 MPa
19.9-35.9 J
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3. HFO-1123 DISPROPORTIONATION EXPERIMENT
The experiments to investigate the reaction were conducted under the conditions given in Table 4.
Table 4. HFO-1123 Disproportionation experimental conditions

Test

Temperature
[°C]

Pressure [MPa]

Discharged
energy [J]

Propagation of
Disproportionation
reaction

1

170.0

0.986

26.8

Yes

2

170.8

1.012

23.3

Yes

3

170.5

0.976

19.9

Yes

4

170.5

0.770

27.8

Yes

5

170.7

0.706

35.9

Yes

6

170.8

0.704

23.3

Yes

7

169.6

0.672

30.3

No

8

170.6

0.670

27.3

No

9

170.2

0.694

30.5

No

10

149.8

0.764

23.7

No

11

149.7

0.776

23.3

No

12

150.6

0.770

29.6

No

13

150.0

0.780

26.4

Yes

14

149.9

0.784

29.0

Yes

15

129.9

0.782

29.9

Yes

16

130.9

0.736

24.0

No

17

130.3

0.766

23.2

No

18

101.1

0.814

23.6

Yes
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Figure 7: Changes in pressure and temperature (No. 4)
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Figure 7 shows how the pressure and temperature changed under the condition of test no. 4. Supply
of current to the electrodes was started 0.005 s after the start of measurement. At the same time,
energy input to the gas inside the pressure vessel was started. In both cases, it was confirmed from
the current waveform that the molybdenum wire was melted within about 0.0004 s after energy was
discharged, but the application of voltage was continued for 10 s thereafter although no current flow
was detected. During test No. 4 (Table 4), the pressure increased to 5 MPa after energy was
discharged into the vessel, and the temperature rose to about 900 °C (Figure 7). However, as a
result of analyzing the flame video with software based on the two-color temperature radiometry
method (H & B method), the maximum temperature was over 2439 °C (Figure 8). When the
disproportionation reaction was found not to propagate (as indicated in Table 4), only a small amount
of soot was produced, and this was evidence that the disproportionation reaction did not propagate.
When the disproportionation reaction of Table 4 did propagate, a large amount of soot was produced,
as shown in Figure 9. How the temperature and the pressure influenced the HFO-1123
disproportionation reaction is shown in Figure 10.

Figure 8: Analysis of flame video with the two-color temperature radiometry method (H & B method)

Figure 9: Image of a large amount of soot
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Figure 10: Influence of temperature and pressure on the disproportionation reaction

The results of the qualitative analysis by GC-MS of gas sampled immediately after the disproportionation
reaction propagation are shown in Figure 11. As a result of GC-MS analysis, it was clarified that C2H6,
C2F6 and CHF3 are produced from the disproportionation reaction as intermediate products.

Figure 11: Result of GC-MS analysis of the sampled gas
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4. CONCLUSION
Experiments with varying experimental conditions allowed us to determine the boundary conditions under
which the disproportionation reaction propagates in pure HFO-1123 within the range from 100 to 170 °C.
The qualitative analysis by GC-MS allowed us to clarify the intermediate products of the
disproportionation reaction. Moreover, since it was possible to determine the maximum temperature
achieved, this will contribute to an understanding of the combustion model.
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ABSTRACT
One of the main practical problem of creating low-temperature equipment based on real Joule–
Thomson refrigerators operating mixed refrigerant is the difficulty in determining charge composition.
The existing methods in the literature mainly solve the problem of determining and correcting the
theoretical values of the mixed refrigerant component mass concentrations in certain scheme of
refrigerator at steady state operating mode due to their changing in relation to charged. This article
represents approach of experimental approving of developed numerical method. The method allows
determining mixed refrigerant temperature distribution along working cycle of refrigerator and
composition of refrigerant charge with given geometry of refrigeration circuit and composition of
circulating mixed refrigerant. Practical value of the method is ability to determine charge of refrigerant
for specified refrigeration circuit, as consequence, reducing test duration of developed equipment.
Developed test bench for suggested method approving is presented.
Keywords: Joule–Thomson, Mixed system, Refrigerant charge, Cryopreservation.

1. INTRODUCTION
Developing of new types of refrigeration systems, which provide cryostatting of cooled objects
(maintenance of constant temperature or glide in range of 5K) with temperature in range of minus
160°C to minus 90°C, applying throttling low-temperature machines (TLTM), working on JouleThomson cycle, is currently central. According to Arkharov et al. (2016a), Arkharov et al. (2016b),
Gareeva and Lavrov (2016), Arkharov and Semenov (2016) efficiency improvement for these
machines, working on closed cycle, can be achieved by reducing losses in main elements –
compressor, heat exchangers and so on, or by increasing efficiency of throttling cycle, applying
multicomponent mixed refrigerant (MMR) as a working fluid. Studies of Brodyanski and Semenov
(1980), Lavrenchenko (1985), Boyarski et al. (1990), Brodyanski and Grezin (1973), Lavrenchenko
et al. (1983) and others started in 70-80s, show that using of MMR significantly improve energy and
weight-size parameters of TLTM, reduce cost of equipment, decrease start time of these systems
by higher volume refrigeration capacity of working fluid and intensification of heat transfer from
cooled objects. Krotov (2011) showed that TLTM working on MMR has efficiency close to efficiency
of gas refrigerators.

2. THEORETICAL MODEL AND LITERATURE REVIEW
One of the main practical problems in process of developing low-temperature equipment, based on
TLTM on MMR working in Joule-Tomson cycle, is determining composition profile of charged MMR
components. This involves an increase in volume of tests leading to time and money spending.
Amount of MMR to charge is calculated by integral along refrigerator working circuit (continuous
closed circuit of structural elements - heat exchangers, throttling device, connecting pipelines, which
are closed to compressor that provides MMR circulation), as shown in Eq. 1:
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Eq. (1)

∮

where S(l) is current value of clear area of TLTM working circuit, l – dimension coordinate in the line
of flow, ϑ – specific volume of liquid-vapour mixture, calculated by Eq. 2:
1

Eq. (2)

Х

where ϑ - specific volume of vapour fraction, ϑ - specific volume of liquid fraction, X – mass vapour
fraction.
Mass of each component of MMR is calculated as sum of two integrals, as shown in Eq. 3
∮

∮

Eq. (3)

where and are mass fractions of MMR components in vapour and liquid phase respectively, –
subscript for MMR component.
Eq. 1 and Eq. 3 show connection between composition of circulating MMR and composition profile
of charged MMR.
Evaluation of these equations is connected with solving set of equations: MMR temperature
changing along working circuit equation, equation of state for liquid and vapour phases, vapour-liquid
equilibrium equation for mixed refrigerant. Therein, MMR flow characteristics are evaluated by set of
equations, which include principles of conservation for mass (continuity equation), impulse (motion
equation), energy, and equations of state.
From these considerations, and supposing that vapour-liquid fraction of MMR is in equilibrium at
medium temperature for this section profile during steady regime (TLTM working regime with nearly
constant parameters, beginning after start regime), in work of Bychkov et al. (2019) calculation were
made for cycle parameters and zeotropic MMR flow characteristics with nitrogen-methane-ethanepropane-isobuthane composition, refrigerating at minus 150°C temperature level.
Calculation was made considering that working circle is closed-loop, no end volumes along circle,
solubility of components in compressor oil was not taken in account. In this case, mass flux is
constant in all profiles (compressor mass flow is constant) in steady regime. Also, calculated
“charged” composition (composition, which is calculated considering geometry of circuit and
“circulating” composition. It differs from “circulating” composition because of assumptions made in
calculation method) differs from “circulating” composition (composition, which is determined as a
result of evaluations and optimization of refrigerator parameters (mass fractions of MMR
components), providing required cryostatting temperature achieving maximum effectiveness
objective) in approximation of thermodynamic characteristics of isobars of high and low pressures of
“circulating” MMR error, but composition is constant all along working circle (components’ mass
concentrations of MMR in any phase condition are constant in all profiles of circuit). In addition, TLTM
parameters and “circulating” MMR composition were optimized by non-linear programming method
with global solution search described by Yakovlev et al (2016). Pang et al (2016) and Smorodin and
Parshin (2018) mention other optimization methods for such systems.
One of the main characteristics in application of zeotropic MMR as a working fluid in real TLTM,
influencing refrigerator energy parameters, is mismatch between MMR composition circulating in
steady regime and “charged” composition.
This problem was researched by Gong et al. (2002), Gong et al. (2007a), Gong et al. (2007b),
Narasimhan and Venkatarathnam (2010), Sreenivas (2017), Bao and Zhao (2016), Pang et al.
(2016). However, some conclusions and experimental data required additional experimental
research and validation. For example, mentioned authors analyze steady regime of refrigerator
stating that the main reason of MMR composition changing is phase “glide” in two-phase region,
because of different velocities of vapour and liquid phases.
From our perspective, in consequence of heat transfer from external sources and between flows of
working fluid temperature, pressures, vapour fraction, MMR components’ concentration profiles are
built up during starting operation of TLTM working on MMR. Meanwhile, intensity of heat transfer
processes depends on concentrations and temperature gradient. During steady regime, these
processes also become steady. Amount of liquid phase in every heat exchanger element is constant
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and defined by vapour fraction, which means it does not depend on velocities of liquid and vapour
phases. Taking this into account, phase “glide” does not influence on MMR components’
concentrations. In other words, total composition of MMR in every profile of the circuit is constant
during steady working regime of TLTM.
In addition, in other studies no criteria for steady working regime is given and uncertainty in test
conditions is presented.
According to Babakin and Babakin (2017), it is also important to note that solubility of MMR
components in lubrication oil significantly depends on thermodynamical properties of MMR flow:
pressure, temperature and types of lubrication oil and MMR components. Firstly, temperature and
suction pressure influence on solubility in these types of machines. Solubility rate of vapour MMR
components in compressor discharge line and oil separator is calculated by Henry’s law. In case of
significant amount of oil circulating in working circuit, which is carried over from oil separator, oil
should consider as a component of MMR.
In our opinion, the main possible reasons of difference between circulating MMR composition in
steady regime and “charged” composition are: 1)inexactness in calculation of geometry of real TLTM,
at which point, it leads to error in amount of charged MMR (as consequence, insufficient or extra
amount of MMR charge); 2)working circuit design features, end volumes of compressor or heat
exchanger and relative space configuration of elements; 3) separation of significant amount of highboiling components of MMR because of their solubility in lubrication compressor oil.
As a part of the independent experimental studies by Narasimhan and Venkatarathnam (2010),
Sreenivas (2017) and Pang et al. (2016) of this process in real TLTM with different designs and
different MMR compositions, it was determined that circulating composition of MMR in steady regime
depends linear on “charged” MMR composition (Eq. 4, Eq.5):
Eq. (4)
Eq. (5)
and
- mass concentrations of MMR components in vapour and liquid phases
Where
respectively, circulating in working circuit in steady working regime of real TLTM,
,
,
,
–
experimental constants for steady working regime of TLTM, which depend on factors 1)-3)
mentioned previously.
As a result, corrected mass of every component of MMR is calculated as a sum of two integrals
(Eq. 6):
∮

∮

Eq. (6)

Taking in consideration the above, design chain for low-temperature machines based on TLTM
working on MMR includes:
a) Choice of throttling refrigerator scheme, which is capable of cooling and cryostatting objects
at certain temperature and certain cooling capacity, analyzed by Bychkov et al. (2016);
b) Choice of equation of state for MMR and determining thermodynamical properties as a
function of pressure and temperature;
c) Calculation of specific cycle parameters (compression work, refrigeration capacity, heat
exchangers’ duty);
d) Cycle’s parameters optimization with known optimization objective, determining “circulating”
composition of MMR;
e) Design of refrigerator;
f) Determining amount of “charged” MMR depending on TLTM circuit geometry;
g) Experimental research for “corrected charge” of MMR (calculated composition of MMR, by
correction of “charge” composition in reliance on test data, accounting real TLTM geometry)
for certain TLTM design.
Authors developed and made test bench for experimental validation of suggested design chain,
which allows determining temperature of mixed refrigerant along working circuit of TLTM and with
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known geometry to evaluate composition of “charge” with given “circulating” composition and
evaluate “corrected charge” in real TLTM, accounting influencing factors.

3. EXPERIMENTAL SETUP
Test bench, shown on Fig. 1, consists of thermally insulated body with two calorimeters, lowtemperature refrigerator, which provides cooling and cryostatting, and control system. Lower stage
cold section is situated in thermally insulated body. Type of body insulation – frosted polyurethane
system Elastopor H2120/80/2 is used to reduce the radiation heat leak to the cold section. Detailed
description of design and parameters of low-temperature refrigerator is given by Yakovlev et al.
(2016), Bychkov et al. (2017). The main refrigeration system parts and control system are placed in
machinery space. Low-temperature refrigerator includes two stages: upper stage – the single stage
J-T refrigerator operating with аzeotropic mixture – R404a; lower stage - J-T refrigerator operating
with zeotropic mixtures. It consists of a hermetic single-acting reciprocating compressor (cylinder
capacity 24.2 cm3) with polyester oil (charge amount 890 cm3) as lubricant, double-threaded fin-tube
after cooler, thermal expansion valve and plate heat exchanger as evaporator in upper stage. Hot
section of lower stage is comprised of a hermetic single-acting reciprocating compressor (cylinder
capacity 34,4 cm3) lubricated by polyester oil (charge amount 890 cm3), double-threaded fin-tube
after cooler, dehydration filter and float type oil separator with a reservoir volume of 2 liters. Cold
section of lower stage consists of multi tubular heat exchanger of length 5.5 meters coiled in
serpentinous shape, electronic expansion valve with step engine and two calorimeters for flexible
evaporator capacity control. Calorimeters represent a copper tube bent into coils, with flexible
heating tape ENGL-1-0,33 which are fixed by hold-down elements. Low-temperature temperature
sensors are fixed and isolated on straight sections of the calorimeters tubes. Heating tape braided
from woven ribbon of glass yarn, based on eight heating wires of nichrome. Outside, the heaters are
covered with a waterproof silicone rubber sheath. End crimps are made of the same rubber. Total
maximum power of each heat tape – 300 W. There is a power control system of heat tape to ensure
any load in the specified range. The pressure difference at the inlet and outlet of the calorimeters is
measured by the pressure-difference transducer Aplisens APR-2000. In multi tubular heat
exchanger the high pressure refrigerant flows through eight capillary tubes with an internal diameter
of 3.15 mm each, while the low pressure refrigerant flows on the shell side (internal diameter of 19
mm). The electrical tape is installed on the suction line and connected to the controller for ensuring
a constant suction temperature while conducting experimental studies and comparing the results.
Thus, due to the possibility of regulating the suction and discharge pressures, as well as the
temperature at the suction, it becomes possible to ensure the invariance of external conditions during
the experiments.
Resistant thermometers Elemer TS-1388B/Pt-100, calibrated on liquid nitrogen temperature level,
measure the temperature of the working refrigerant in cold section. The pressure transducers of
Emerson evaluate discharge and suction pressure of the compressors. In this test bench, the flow
rate of the working refrigerant is indirect measured by Coriolis flowmeter Promass 83A. Compressors
power is measured separately using an electronic power meter - Mercury 230. Refrigerant samples
would be extracted during steady state operation from the several points (1-7) and the composition
of the mixture in circulation is determined using a gas chromatograph with thermal conductivity
detector (TCD) and flame-ionization detector (FID) (Chromos GC-1000). The gas chromatograph
(GC) is calibrated against standard mixtures and the uncertainty in the determination of composition
was estimated to be ±0.2%. Method used in GC makes it possible to determine refrigerants on
simultaneously sample injection in capillary and packed column. Whereby N2, C1 are determined
on TCD channel with packed column NaX and eight-port valve with backpurging function, and C2,
C3, C4 and repeated C1 on FID channel with capillary column St -PLOT/Si (50m х 0.32mm х 3.0μm)
with six-port injection valve. For sample injection additional bench with expansion tanks and fine oil
filters is installed. Carrier gases perform GC gas supply: helium for TCD column, nitrogen for FID
column, hydrogen and air.
The Elemer 5104 and 5122 meters are used to collect experimental data, which took 30 seconds to
scan all the system variables. SCADA system was developed for a visual illustration of the processes
and graphs of variable values.
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Apparatus construction of test bench and its connection elements are designed to eliminate end
volumes. It is achieved by application of tube and plate heat exchangers, minimization of connection
tube lengths and optimization of their diameters to compressor capacity. As a result, high mass flux
in working circuit is achieved.
Additionally, amount of high-boiling MMR components saluted lubricating oil during steady working
regime is estimated. Solubility of components is calculated considering suction pressure and
compressor’s cylinder inlet temperature, according to Minashkin (2005).
Taken together, the main instruments and their measuring range and accuracy presented in Table 1.

Figure 1: Test bench circuit diagram, T1-T27 и P1-P11 indicate measuring points for temperature and
pressure respectively, the numbers from 1 to 7 indicate different sampling points

Experimental procedure is carried out as follows. Upper and lower stages of the test bench circuit
were initially flushed with dry nitrogen gas. The compressor oil was heated to a temperature of about
80°С to remove all dissolved gases. A vacuum pump was used to evacuate the desorbed mixture
components before charging refrigerants. The required quantity of each of the components was
charged, starting from the highest boiling point component to the lowest boiling point component. At
the same time, each component charge mass is measured by changing the mass of the cylinder
without connected flexible pipes. At a steady state operation samples of the circulating stream were
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extracted and analyzed in a gas chromatograph to measure the concentration in circulation. All
measuring parameters were recorded in SCADA system. Constant ambient conditions where test
bench is placed are provided with room air conditioning system.
Parameters

Table 1. Main instruments and their measuring properties

Instruments

Measuring range

Accuracy

Temperature (cold section)

Elemer TS-1388B (Pt-100)

-196 – 200°C

0.3+0.005*|t|%

Temperature (hot section)

Elemer TS-1388 (Pt-100)

-50 – 200°C

High pressure

Emerson PT5-30M

0 – 30 bar

≤±1%

Low Pressure

Emerson PT5-07M

-0.5 – 7 bar

≤±1%

Pressure difference

Aplisens APR-2000

0 – 3000 Pa

0.075%

Mass flow rate

E&H Promass 83A

0–45 kg/h

2‰

Density

E&H Promass 83A

0–2000 kg/m3

±0.5 kg/m3

Power

Mercury 230 ART02

0 – 10 A

1%

Weighing balance

CAS SWII-05

0.02-5 kg

e=d=1g

Chromatography

Chromos GC-1000

–

0.2%

4. CONCLUSIONS AND DIRECTION OF EXPERIMENTAL RESEARCH
System method is required for designing new types of machines based on TLTM working on MMR,
which provide cryostatting of cooled objects (maintenance of constant temperature or glide in range
of 5K) at temperatures in range of minus 160°C to minus 90°C.
Despite of wide range of theoretical methods of calculation and optimization for characteristics of the
refrigeration systems, the main practical problem is definition of charge amount of every MMR
component. In addition, for every new design of TLTM with new geometry, starting-up and charge
adjustment are carried out using step-by-step method, it takes very long time and demands
expenses on refrigerants. It should be noted that, there is discrepancy between MMR composition
circulating in real TLTM working in steady regime and “charged” composition, suggesting that
correction for charge calculation method is required. Analyzing results of previous works, there is
need in additional experimental research and validation of factors, defining the discrepancy. For that
purpose, the authors developed and made test bench, based on cascade TLTM working on fivecomponent MMR on lower cascade.
Experimental research will include:
1. Defining MMR composition circulating in real TLTM at steady regime with different heat load
on evaporator. Comparison of that composition with “charge” composition, which was
calculated with suggested method, calculation of “corrected charge” composition. During all
experiments suction temperature and pressure, discharge pressure should be constant,
steady regime is confirmed by long-time working with fixed ambient conditions.
2. Comparison of parameters (components, mass of charge, evaporator volume) of TLTM
working on different composition of MMR in relation to “corrected charge” composition.
3. Experiment data analysis of contribution of every factor, which influence on circulating in real
TLTM at steady regime MMR composition mismatch.
4. Error estimation and results analysis
This and next research will be helpful in understanding the work mechanism of this type MRTR and
will be useful in the design of similar systems.
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ABSTRACT
Commercial refrigeration systems worldwide predominantly use high global warming potential
(GWP) refrigerants such as R404A. However, these refrigerants are under an agressive phase out
process in several countries through strict CO2 regulations. One widely implemented strategy to
reduce CO2 emissions is to retrofit existing systems to lower GWP refrigerants such as R448A, while
improving the system efficiency at same time. For new installations, there is opportunity to further
reduce CO2 emissions by designing system architectures that enable the use of very low-GWP
refrigerants. In this paper, two new concepts of distributed system architectures using ultra-low GWP
fluids are proposed. In the first concept system, refrigeration at both low and medium temperature
levels is provided using R1234yf based hermetic self-contained units while a two phase heat transfer
fluid based secondary loop in combination with R1234ze(E) based chiller removes the heat from
self-contained units to ambient. In the second concept, a low-GWP refrigerant is used in both
medium temperature cases and to provide cooling to low-temperature self-contained cases through
cascade heat exchangers. We will show that both new systems can signifanctly reduce emissions
and energy consumption.
Keywords: HFO-Refrigerants, LCCP, Commercial Refrigeration, Supermarkets

1. INTRODUCTION
A common strategy to reduce CO2 emissions in existing supermarket refrigeration systems is to
retrofit the currently used high GWP refrigerants with low GWP alternatives. R448A (GWP of 1273)
is one such non-flammable retrofit option for existing R404A systems leading to reduction in direct
emissions and about 11% improvement in energy efficiency (Abdelaziz and Fricke, 2014). Baba and
Yamagushi (2014) showed that in comparison to R404A adoption of R448A in both low and medium
temperature condensing units can yield up to 16% higher coefficient of performance (COP) and a
near match in refrigeration capacity. Alternatively, Petersen et al., 2018 revealed that the system
with refrigerant having lowest GWP does not automatically lead to the lowest emissions. Rather,
overall emissions of refrigeration system depend on energy efficiency as well as on GWP of
refrigerant. Hence, a new holistic approach is required to design and modify the existing system
architectures to enable the adoption of low GWP fluids.
In the first section, the thermodynamic performance of low-GWP refrigerants such as R1234yf,
R1234ze(E) and R515A are compared to the baseline refrigerant R134a. In the following step two
new distributed system architectures using R1234yf, R1234ze(E) and R515A are proposed and their
performance in terms of energy efficiency and CO2 emissions is compared with those of traditional
systems as well as with current retrofit and other low-GWP alternative systems. Using a
comprehensive analysis approach, the proposed new distributed system architectures with low GWP
refrigerants R1234yf, R1234ze(E) and R515A are shown to be energy efficient leading to a
significant reduction in both direct and indirect emissions compared to other systems.
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2. LOW GWP ALTERNATIVES
In this session we will briefly describe three low-GWP refrigerants, R1234yf, R1234ze(E) and
R515A, that are used in the new system architectures proposed in this paper. All three refrigerants
are known to be “R134-like”, with lower pressures and around 40-50% lower volumetric capacity
than R404A. Thermodynamic analysis is carried out to compare the performance of these three low
GWP alternatives in contrast to R134a in terms of cooling capacity and COP. The analysis is
conducted at evaporation temperature of -7°C, evaporator superheat of 5.5°C, condensing
temperature of 40.5°C, condenser sub cooling of 5.5°C, compressor isentropic efficiency of 65% and
compressor volumetric efficiency of 100%. Table 1 summarizes the results obtained using
thermodynamic data from the NIST property database REFPROP 9.1 (Lemmon et al., 2013). In
comparison to R134a, all three alternatives show a close match in efficiency as well as reduced
compressor discharge temperatures. R1234yf also has similar capacity. The reduction in capacity
for R1234ze(E) and R515A in comparison to R134a can be compensated in new system
architectures by increasing the compressor displacement.
Table 1 Comparison of thermodynamic properties of R134a with low GWP alternatives.
Refrigerants
ASHRAE Safety Classification
Composition
GWP (AR5)
Capacity [% of R134a]
Efficiency [% of R134a]
Suction pressure [kPa]
Discharge pressure [kPa]
Pressure ratio [% of R134a]
Difference in compressor discharge
temperature vs. R134a [K]

R134a
A1
R134a
(100%)
1300
100%
100%
225
1017
100%

R1234yf
A2L
R1234yf
(100%)
<1
96%
96%
247
1018
91%

R1234ze(E)
A2L
R1234ze(E)
(100%)
<1
74%
100%
166
767
102%

R515A
A1
R1234ze(E)/
R227ea (88%/12%)
402
73%
100%
166
767
102%

0.0

-13

-8.8

-10

3. NEW AND EXISTING SYSTEM ARCHITECTURES FOR SUPERMARKETS
The R404A centralized Direct Expansion (DX) system is the most common architecture used in
supermarket refrigeration. It has a centralized machine room consisting of compressor racks for both
medium and low temperature cases. Its long reftrigerant lines typically require large refrigerant
charge and lead to higher refrigerant emissions due to higher leak rates associated with more
connections. Long connecting lines also yield higher pressure drop and heat gains which cause
increase in compressor suction temperature.
In contrast to centralized systems, distributed refrigeration architectures are gaining popularity in
recent years. In these systems, refrigerant tubing lenght is significantly reduced owing to adoption
of distributed compressor racks located closer to both medium and low temperature cases, typically
located in the back room of the supermarket, rather than in a remote machine room. In addition,
condensers are typically located in the roof immediately above the racks, reducing the lenght of
liquid lines. This leads to reduction in refrigerant charge and losses due to shorter connecting lines,
which leads to higher efficiency, lower leak rates and consequently lower CO2 emissions.
New system architectures facilitate adoption of low GWP alternatives. One example is the R744
booster system which is essentially a two-stage system. R744 booster system can achieve
comparable energy efficiency to R404A centralized systems at low ambient temperature operation.
However, owing to the low critical temperature (31°C), the booster system operates in a trans-critical
mode at ambient conditions above around 25°C, which leads to significant drop in energy efficiency.
Adoption of parallel compressor (Karampour and Sawalha, 2016) and dedicated mechanical subcooling (Llopis et al., 2016) are two prominent modification strategies to improve performance of
R744 booster system in high ambient conditions.
Fig. 1 introduces the first new low-GWP system architecture, called micro-cascade refrigeration
system. This configuration uses R515A in medium temperature stage and R1234yf in the low
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temperature stage. R515A being non-flammable is employed in a traditional DX configuration to
satisfy medium temperature load in store as well as to remove heat from the low temperature selfcontained systems, using multiple cascade heat exchangers. R1234yf, although being mildly
flammable, can be employed safely in low temperature stage owing to use of multiple low refrigerant
charge hermetic units, as shown in Fig. 1. The choice of R1234yf in low temperature stage is favored
over the highly flammable A3 refrigerants such as R290 which has lower allowable refrigerant
charge.
The second proposed system architecture, called micro-distributed system, is show in Fig. 2. In this
configuration, R1234yf is used in both low and medium temperature self-contained hermetic units,
while a two phase Heat Transfer Fluid (HTF) secondary loop, in conjunction with a R1234ze(E)
based chiller, removes the heat from all self-contained stages to outside ambient. Here, the choice
of a two-phase HTF reduces the temperature difference in the cascade heat exchangers in
comparison to single-phase heat transfer fluids such as water or water/glycol mixtures, improving
consequently energy efficiency. The three-way valve, as shown in Fig. 2, allows use of free cooling
of HTF in low ambient temperature operation, in which the R1234ze(E) Chiller would not be turned
off. Thermodynamic optimization based on cooling temperature of two phase HTF and onset of free
cooling depending on ambient temperature is therefore required for best performance. Another
distributed configuration investigated is R290/water micro-cascade system which is being adopted
in supermarkets in recent years. In this architecture, R290 is employed in self-contained low
temperature and medium temperature cases. Water is used as secondary fluid to remove the heat
from the self-contained units, while heat from water can be removed either directly to the outside
ambient or by using a chiller.

Figure 1: R515A/R1234yf Micro Cascade
Refrigeration System

Figure 2: R1234ze/HTF/R1234yf Micro
Distributed Refrigeration System with a twophase HTF

The energy efficiency and emissions of all abovementioned system architectures were simulated
assuming a typical store size of 4180 m2. The various assumptions made for the analysis are listed
in Table 2. The refrigeration load is modelled as a function of ambient temperature derived from the
actual refrigeration case data as shown in Fig. 3. The design refrigeration load for medium
temperature and low temperature is 138 [kW] and 87 [kW], respectively. A higher evaporation
temperature is assumed for R744 in comparison to R404A and R448A due to its better heat transfer
properties. Due to short connecting lines, self-contained units are assumed to operate at higher
evaporation temperature owing to lower suction line pressure drop, and lower suction superheat due
to fewer heat transfer infiltration losses. The compressor isentropic and volumetric efficiencies of
R290 are comparatively inferior owing to reduced size of piston-displacement compressors in self-

3
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1192

contained units. The adoption of electronic expansion valves in booster, micro-cascade and microdistributed configurations enables lower minimum condensing temperature.
Table 1 Refrigeration System Assumptions

Description

Global Warming
Potential (AR5)
Refrigerant charge
Leak rate
MT Evaporation
temperature
LT Evaporation
temperature
LT/MT Cooling Load
(Design Load)
Evaporator superheat
MT/LT
Suction superheat LT
Suction superheat MT
Isentropic efficiency LT
Isentropic efficiency MT
Volumetric efficiency
LT/MT
Approach temperature
Cascade Condenser
Approach temperature
Condenser
Minimum condensing
temperature

MicroDistributed
R1234ze/
HTF/
R1234yf

Unit

R404A
Centralized

R448A
Distributed

R744
booster

MicroCascade
R515A/
R1234yf

[-]

3943

1273

1

402/<1

<1

[kg]
[%]

1450
15%

750
10%

1000
15%

750
10%

750
10%

750
10%

[°C]

-6.7

-6.7

-6.1

-6.7

-5.5

-5.5

[°C]

-28.9

-28.9

-28.3

-27.8

-27.8

-27.8

5.5
5.5
0.6

5.5
5.5
0.6

5.5
5.5
0.52
0.55

[kW]

87/138

[°C]

5.5

[°C]
[°C]

27.7
13.8

22.2
8.3
0.67

[-]

22.2
8.3
0.70
0.95

R290/
Water
cooled

3

0.90

[K]

-

-

-

5.5

5.5

6.6

[K]

5.5

5.5

5.5 SC,
2.8 TC

5.5

5.5

5.5

[°C]

21.1

21.1

10

15.5

15.5

15.5

Figure 3: Refrigeration Load [kW] vs Ambient Temperature
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4. ENERGY EFFICIENCY ANALYSIS
In this section, we carry out a comparison of all above mentioned system architectures in terms of
energy efficiency, for different ambient temperatures and geographical locations.
In the proposed micro-distributed system, the two-phase HTF, removes the heat from the selfcontained units either directly to the ambient, as “free cooling”, or to a R1234ze chiller dependent on
the ambient temperature conditions. The power consumption of self-contained units increases with
increase in temperature of HTF in the secondary loop while the power consumed by R1234ze chiller
is reduced. Likewise, the power consumed by self-contained units decreases while that of R1234ze
chiller increases with decrease in secondary loop HTF temperature. This leads to a trade-off and an
operating temperature of 4.4°C is found optimal which maximizes the energy efficiency for different
ambient temperatures. Further, the availability of free cooling depending on ambient condition
provides additional advantage. Fig. 4 depicts the optimization of the operation of micro-distributed
configuration with respect to availability of free cooling. The dotted green line represents the
operation of cycle with fixed HTF temperature of 4.4°C. While, the solid green line depicts the
optimized operation of cycle with respect to availability of free cooling where the HTF temperature
floats with the ambient temperature when the free cooling operation increases the overall energy
efficiency. Use of two phase HTF in place of single phase (liquid) HTF such as water or ethylene
glycol in the secondary loop leads to reduction in the temperature difference for a given cascade
heat exchanger heat transfer area. In addition, the lower bulk density of two phase HTF and the
higher enthalpy difference across the cascade heat exchanger offers lower pressure drop and
pumping power.

Figure 4: Cooling COP at different ambient temperatures for micro-distributed configuration

Fig. 5 presents the comparison of cooling COP of various investigated supermarket configurations
at different outside ambient temperatures. At high ambient operation above 40°C,
R1234ze/HTF/R1234yf micro-distributed, followed by R515A/R1234yf micro-cascade and R448A
distributed systems show higher cooling COPs than systems with natural refrigerants such as R290
and R744 as well as baseline R404A centralized configuration. At ambient temperature range from
10°C to 40°C, R515A/R1234yf micro-cascade followed by R448A distributed and
R1234ze/HTF/R1234yf micro-distributed systems show superior performance. At ambient
temperature conditions below 10°C, the R1234ze/HTF/R1234yf micro-distributed configuration
followed by R515A/R1234yf micro cascade, R744 booster and R290/water cooled configurations
show higher energy efficiency (COP). This is attributed to the use of free cooling in the microdistributed and R290/water cooled systems. The lower minimum condensing temperature in microcascade and R744 booster configurations also make these systems more energy efficient than
R404A. At higher ambient conditions the trans-critical operation of R744 configurations leads to
increased losses penalizing the system performance even with adoption of parallel compressor and
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dedicated mechanical sub-cooler. Adoption of electronic expansion valve in R448A distributed DX
configuration would lead to further improvement in energy efficiency, especially at low ambient,
owing to reduction in minimum condensing temperature.
The annual weighted COP of all investigated configurations is calculated for ten different
geographical locations (Table 2a and 2b). The annual weighted COP is determined based on the
BIN temperatures for the locations over the course of one year. For comparatively warm locations
such as Atlanta, Shanghai, Sau Paulo, New Delhi, Seville, Teheran and Athens, the R515A/R1234yf
micro cascade configuration followed by R448A distributed and R1234ze/HTF/R1234yf microdistributed configurations show the highest annual efficiency. While the annual weighted COP is
highest for R515A/R1234yf micro cascade configuration followed by R1234ze/HTF/R1234yf microdistributed and R448A distributed configurations for comparatively colder locations such as Milan
and Frankfurt. The annual weighted COP for R1234ze/HTF/R1234yf micro-distributed configuration
is found like that of R515A/R1234yf micro cascade configuration for operation in extreme cold
climate like Oslo due to use of free cooling. The annual weighted COP for R744 booster
configurations is found inferior to R404A centralized DX configuration, except for operation in
extreme cold climate condition such as in Oslo.

Figure 5: Cooling COP at different ambient temperatures for investigated configurations
Table 2a: Annual Weighted COP of investigated configurations
Location

Yearly
Avg.
Temp.
[°C]

R404A
Centralized

R448A
Distributed

MicroCascade
R515A/
R1234yf

Atlanta, USA
Shanghai, China
SaoPaulo, Brazil
New Delhi, India
Teheran, Iran
Seville, Spain
Milan, Italy
Frankfurt, Germany
Athens, Greece
Oslo, Norway

16.1
17.8
21.6
24.8
16.8
18.1
10.3
8.7
16.5
5.7

3.14
2.99
2.99
2.57
2.94
3.07
3.47
3.57
3.21
3.64

3.38
3.23
3.23
2.80
3.18
3.32
3.71
3.82
3.45
3.89

3.73
3.56
3.43
3.01
3.52
3.65
4.30
4.52
3.82
4.69

MicroDistributed
R1234ze/
HTF/
R1234yf
3.22
3.09
2.84
2.61
3.12
3.11
3.92
4.25
3.24
4.70

R744 with
subcooler

R744
with
parallel
comp.

R290/
Water
Cooled

2.79
2.68
2.54
2.29
2.69
2.68
3.24
3.43
2.80
3.65

2.65
2.50
2.38
2.05
2.49
2.53
3.18
3.41
2.67
3.65

2.49
2.40
2.25
2.10
2.42
2.40
2.89
3.06
2.48
3.35
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Table 2b: Annual Weighted COP of investigated configurations relative to R404A centralized
Configuration

Location

Yearly
Avg.
Temp.
[°C]

R404A
Centralized

R448A
Distributed

MicroCascade
R515A/
R1234yf

Atlanta, USA
Shanghai, China
Sau Paulo, Brazil
New Delhi, India
Teheran, Iran
Seville, Spain
Milan, Italy
Frankfurt, Germany
Athens, Greece
Oslo, Norway

16.1
17.8
21.6
24.8
16.8
18.1
10.3
8.7
16.5
5.7

100%
100%
100%
100%
100%
100%
100%
100%
100%
100%

108%
108%
108%
109%
108%
108%
107%
107%
108%
107%

119%
119%
115%
117%
120%
119%
124%
126%
119%
129%

MicroDistributed
R1234ze/
HTF/
R1234yf
103%
103%
95%
102%
106%
101%
113%
119%
101%
129%

R744 with
sub-cooler

R744
with
parallel
comp.

R290/
Water
Cooled

89%
90%
85%
89%
92%
87%
94%
96%
87%
100%

84%
84%
80%
80%
85%
82%
92%
95%
83%
100%

79%
80%
75%
82%
83%
78%
83%
86%
77%
92%

5. LCCP ANALYSIS
Life Cycle Climate Performance (LCCP) is a powerful tool to conduct environmental impact analysis
in which comparison of the overall equivalent carbon dioxide emissions of the refrigeration systems
over its lifetime is carried out (Purohit et al. 2016). Both the direct and indirect emissions along with
the emissions due to manufacturing and disposal of the system are evaluated. The direct emissions
are based on the leaking refrigerant over the lifetime of the equipment. The indirect emissions are
caused by the carbon dioxide that is emitted to produce the energy that is consumed over the lifetime
of the equipment. The environmental impact of the investigated systems for a 15-year lifetime is
determined for ten global locations.
The local electricity emission factors for different geographical locations are derived from (MCT,
2014; eGRID, 2016; IEA, 2017). The simulated direct and indirect emissions as well as average
COPs for all investigated configurations operating in four locations in Frankfurt, Germany, Atlanta,
USA, Shanghai, China and Sau Paulo, Brazil are shown in Figure 6. The R404A centralized system
has the largest overall emissions due to the high GWP and leak rate. With a R448A distributed
system, there is a significant reduction in direct emissions due to the 68% lower GWP as well as the
reduced refrigerant charge amount and leakage rates of distributed systems, compared to
centralized configuration. In addition, an improvement of energy efficiency due to refrigerant and
system effects effectively reduces the indirect emissions. Overall emission reduction from R404A
can be achieved for R448A between 79% and 53% for Sao Paulo and Shanghai respectively. The
R448A distributed system achieves similar emissions compared to R744 and R290 in all four
locations, due to its superior energy efficiency (lower indirect emissions), even though its GWP and
direct emissions are higher. Besides CO2 emissions, the energy efficiency is especially important for
the user of the equipment since it contributes directly to the energy cost. R448A shows hereby better
performance than R404A centralized, R744 booster and R290/water cooled system effectively
reducing the operating cost. The R744 booster system has the lowest GWP of the four investigated
solutions. However, the efficiency penalty it experiences due to trans-critical operation leads to
higher indirect emissions. Figure 7 shows the estimated total global CO2 emissions for all
investigated configurations. The total global emissions were calculated by multiplying the number of
supermarkets in each of the 10 countries considered by the CO2 emissions per system, for a
representative city (Table 2a) in each country. R515A/R1234yf micro-cascade and
R1234ze/HTF/R1234yf micro-distributed configurations are found to have lowest global emissions.
In comparison to R404A system, those two new configurations reduce the environmental emissions
by about 75%, respectively. While in comparison to R744 booster configuration with mechanical subcooler, the emissions are reduced by about 20% for the two new configurations. Total global CO2
emissions for R448 distributed DX configurations are found similar to both R744 booster and
R290/water distributed cascade configurations.
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Figure 6: Direct and Indirect Carbon Dioxide Equivalent Emissions

Figure 7: Global Emissions for investigated refrigeration systems

6. CONCLUSIONS
Two new refrigeration system architectures that significantly reduce CO2 emissions and increase
energy efficiency were proposed and compared to existing systems. The new systems use low-GWP
refrigerants such as R515A, R1234ze and R1234yf. Both micro-cascade and micro-distributed
systems show superior energy efficiency and environmental performance in several different
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geographical locations, both cold and warm weather, in comparison with “natural refrigerants”
system configurations such as CO2 booster and water cooled with R290. In comparison to R744 and
R290 systems, the R448A distributed configuration also shows higher energy efficiency with
comparable global emissions, even though it has a higher GWP.
Finally, this paper demonstrates that the use of very low GWP “natural refrigerants” such as R744
and R290 does not necessarily mean lower CO2 emissions since energy efficiency plays a key role
to achieve environmental performance.

NOMENCLATURE
DX
GWP
LCCP
LT

Direct Expansion
Global Warming Potential
Life Cycle Climate Performance
Low Temperature

MT
SC
TC

Medium Temperature
Subcritical
Transcritical
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ABSTRACT
The design of compact evaporators for refrigeration systems has motivated the research in flow
boiling for better understanding of heat transfer, pressure drop and modelling improvement. This
work presents the results of experimental studies of flow boiling of R600a and R290 in a multiport
tube with 1.47 mm ID. The effects of heat (q”=5-20 kW/m²) and mass flux (G=35-170 kg/m²s) on
heat transfer coefficient, h, and pressure drop, p, were studied for Tsat=20 ºC. The h reached values
up to 18 and 9 kW/m²K for R290 and R600a, respectively. The influence of G on p was observed,
and the highest loss for R600a. The flow patterns during the tests were plug, slug and annular, but
with differences in minichannels. The patterns for R600a evolved to annular faster than R290.
Keywords: Flow boiling, R600a, R290, Multi-port extruded tubes, Heat transfer coefficient, Pressure
drop, Flow patterns

1. INTRODUCTION
Compact heat exchangers characterized by high-performance using micro channels have been
developed for several applications, including automobile air conditioning and heat pumps, electronic
cooling, power generation (Khan and Fartaj, 2011). Many studies with multiport extruded aluminum
tube (MPE) have focused characteristics of heat transfer and pressure drop during condensation
(López-Belchí et al., 2016; Pham et al., 2015) to apply for condensers. The studies of boiling for
evaporators are more limited, mainly with hydrocarbons. Huai et al. (2004) analyzed the heat transfer
coefficient and pressure drop in boiling of CO 2 in a MPE aluminum channels with 10 channels and
1.31 mm ID over mass flux range of 131-399 kg/m²s, heat fluxes from 10.1 to 20.1 kW/m². The
authors reported that the heat transfer is increased in the two-phase region when compared to singlephase condition, both mass and heat fluxes have significant effects, and pressure drop is very small.
Yun et al. (2006) investigated the flow boiling of R410A in a MPE tubes with 8 channels, hydraulic
diameter from 1.36 to 1.44 mm, heat fluxes from 10 to 20 kW/m², mass fluxes from 200 to 400 kg/m²s,
and saturation temperatures at 0, 5 and 10 °C. The heat transfer coefficients were higher than those
in large and small single channels at similar conditions. They found significant effects of saturation
temperature, heat flux and mass flux on heat transfer coefficient only after dryout vapor quality and
they observed that the pressure drop presented the same trends that in large diameter tubes. The
effects of low mass fluxes on heat transfer of R134a and R1234yf in minichannels were performed
by Mortada et al. (2012). It was used a 6-rectangular channel tube with 1.1 mm ID with mass flux of
20-100 kg/m²s and heat flux of 2-15 kW/m². As result, it was observed that the convective boiling
was the dominant regime during the tests. Vakili-Farahani et al. (2013) tested R245fa and R1234ze
(E) in a vertical MPE with 7 channels of 1.4 mm ID and observed a non-uniform distribution of heat
throughout the test section. The heat transfer coefficient was constant or presented small reductions
after the start of boiling with the establishment of bubbles, after that the coefficient gradually
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increased with the predominance of annular pattern. The coefficient also increased with increasing
saturation temperature, heat flux and mass velocity. Characteristics of heat transfer and pressure
drop during vertical up-flow boiling of R1234yf in two different MPE with 16 channels and one with
40 channels were investigated by Li et al. (2017). The experiments were carried out under saturation
temperature of 15 °C, mass flux of 60-240 kg/m²s and heat flux of 3-16 kW/m². According to the
results, the heat transfer coefficient decreases linearly with increasing vapor quality. Besides, it was
also observed that both heat transfer coefficient and pressure drop were not well predicted by
existing correlations.
In literature of flow boiling in MPE using hydrocarbons few experimental studies are reported. Then
this work aims to present the experimental results of the refrigerants R600a and propane R290
analyzing the flow pattern, heat transfer coefficient and pressure drop in a rectangular aluminum
multiport tube in order to gather new data for heat exchanger design. The effects of mass velocity,
heat flux and vapor quality will be presented besides the visualization of flow patterns in different
conditions.

2. EXPERIMENTS AND PROCEDURES
2.1.

Experimental Facility

An experimental facility was developed to investigate the flow boiling and pressure drop in a multiport
minichannels and is schematically shown in Fig. 1a. The system consists of a loop that provides
controlled mass flux, and it was designed to test different fluids under a wide range of flow conditions.
The main part of the circuit has a pre-heater (PH), the test section (TS) and a visualization section
(VS). The secondary part consists of a condenser, a refrigerant reservoir, a liquid refrigerant vessel,
a magnetic driven micro gear pump and a subcooler.
The PH (horizontal stainless steel tube with 4.4 mm ID, 500 mm length) is uniformly heated by Joule
effect and establishes the experimental conditions entering in the TS just downstream. The
refrigerant enters in the PH as subcooled liquid and reaches the saturation condition to the exit. This
condition sets vapor quality at the inlet of TS and varies according to the heat flux imposed on the
PH. The TS consists of an extruded aluminum tube with 7 parallel rectangular channels with 300 mm
length and 1,47mm average diameter of channels. The TS is heated by an electrical tape resistance
wrapped around its surface to guarantee a uniform heat flux, as shown in Fig.1b. Both the PH and
TS are thermally insulated. Downstream of the TS there is a VS with 32 mm length (Fig. 1c). It
consists of the multiport tube, open, and mounted in a polycarbonate structure to allow visualizing
the flow pattern. A high speed camera was used to capture images during the tests. c
The pressure and temperature measurements at the inlet and outlet of the PH are carried out by two
absolute pressure transducers and T-thermocouples, in direct contact with the refrigerant. On the
upper outer wall 15 T-thermocouples were fixed at 5 positions along the tube, and there are 3 per
position distributed on the channels (Fig. 1b). This configuration allow verifying the temperature
distribution in the channels and along the length of TS, moreover the heat transfer coefficient is a
function of wall temperature. The confinement effect of vapor-phase observed on minichannels in
horizontal flow avoids variation in thickness of liquid film, thus ensuring the same heat transfer effect
in both bottom and top sides. The outlet pressure was determined through the differential pressure.
Tests were carried out to verify the effect of mass flux, G, heat flux, q”, and vapor quality on flow
patterns, heat transfer coefficient and pressure drop. For a fixed G, tests are performed for different
q" in the TS. In each test, q" is set and the heat rate applied to the PH is increased by varying the
quality, x, at the inlet of TS. The variation on the parameters were: G = 35 to 170 kg/m²s and q”= 5
to 20 kW/m², for the saturation temperature of 20 ºC. This temperature is an intermediate condition
between various applications (refrigerators, air conditioners and cooling of electronic components),
and is the lowest temperature where conditions remained stable during all tests performed. The
parameters of the thermal-hydraulic analysis were calculated from measured data of refrigerant
temperatures, wall temperatures, pressures, flow rate, heat flux, and geometrical parameters.
Single-phase tests were performed in order to determine thermal losses for both the PH and TS. In
all cases, the losses are lower than 5%, and they were considered in the calculus.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1200

2.2.

Data Reduction

The heat flux is calculated considering the electrical power supplied, the internal surface area and
the number of channels, for heated length. The mass flux considering the channel flow area, as
follow:
(b)
T

T

(a)

(c)

P

Figure 1: (a) Schematic view of the experimental facility; (b) Test section, TS – multiport
minichannels and dimensions and (c) Visualization section, VS

q" =

q
NAis

and

G=

m
NAc

Eq. (1)

The local heat transfer coefficient, hz, is determined as follows:
hz =

q' '
(Twi , z − Tsat , z )

Eq. (2)

The internal wall temperature was calculated assuming radial conduction through the wall as given
by:

Tiw = Tew −

qe
kAes

Eq. (3)

For each axial location z along the test tube (Fig. 1b), the external wall temperature was assumed
to be the average of three measured top wall temperatures. The local saturation temperature, Tsat,z,
is obtained as a function of local saturation pressure, psat,z, considering the pressure drop as being
linear along the tube.
The vapor quality in test section inlet, xi-TS, was calculated from energy balance in PH, or:

q
ii −TS = io− PH = PH + ii − PH
m

and

i
−i
x i −TS = i −TS l
ilv

Eq. (4)

The enthalpies were estimated by pressure and temperature measurements downstream and
upstream the section. The local enthalpy and vapor quality in the test section were estimated as in
the PH section.
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The total two-phase flow pressure drop was measured in the TS for different G and q”, and is the
sum of friction and acceleration contributions. The minor losses related to entrance and exit head
losses (sudden contraction and sudden enlargement pressure drop) were neglected (pi-o  0).

ptot = p f + pac + pi − o

Eq. (5)

The acceleration or momentum component, ∆pac, results from flow acceleration due to specific
volume enhancement during evaporation. Between generic points i and o, this pressure drop is given
by Eq. (6), and the simplest assumption of homogenous flow was used to calculate the void fraction,
. The frictional pressure drop component was obtained by subtracting the acceleration component
from the measured total pressure drop.

 ( 1 − x ) 2
x 2   ( 1 − x )2
x2  


+
−
+
 
 
 ( 1 −  ) v    l ( 1 −  ) v  

o
i
 l

p ac = G 2 

Eq. (6)

The relative uncertainties of measured parameters for various experimental conditions were
calculated using the method of expanded uncertainty. The maximum uncertainties of temperature is
0.3 ºC, the local pressure 1.3 %, mass flux 0.17%, heat flux 2%, vapor quality 4.5%, frictional
pressure drop 2.5% and heat transfer coefficient 9.1%.

3. RESULTS AND DISCUSSION
3.1.

Flow patterns

Some images of flow patterns in different conditions are shown in Fig. 2. The patterns plug/slug,
intermittent (churn/wavy annular) and annular were identified, considering the predominant pattern
among parallel channels. It is possible to note the influence of G and q” and different patterns in
parallel channels at the same conditions, probably associated to the flow and heat maldistribution
into the channels and the transient thin-film evaporation mechanism. Isolated and elongated bubbles
were observed in specific conditions, as high G and low q”, for low x. Intermittent and annular flow
patterns were observed in different conditions, and sometimes in a low x, G and q”, and can be
considered predominant patterns in the tests. Fig. 3 presents the flow patterns maps for the
refrigerants. The flow patterns of the R600a evolve faster to the annular pattern, compared to R290.
This is due to the surface tension effects that are more dominant for R600a (10.7 mN/m and R290
7.63 mN/m) and therefore the more confinement between the two fluids (CoR600a=0.96 and
CoR290= 0.86) and leads to the transition from the elongated bubble to the annular flow in lower vapor
quality, x. It can also be observed that as G increases, it becomes more difficult to classify the
transition from churn, annular wavy and annular, which tends to occur at lower, x (convective boiling
domain, CB).
3.2. Heat Transfer Coefficient
3.2.1 Effect of mass flux, G
Fig. 4 shows the variation of local heat transfer coefficient, hz, with vapor quality, x, and mass flux,
G, for R290 (a and b) and R600a (c and d), for heat fluxes of q” = 5 e 15 kW/m², respectively. For
R290 the coefficient hz increases with G, but this effect is more evident as the quality, x, increases
and for a higher heat flux, q" (Fig. 4b). For higher values of G, the values of coefficient increases at
lower x. The effect of G is minimal at low x, where the bubble pattern was identified and the values
of hz represent the beginning of nucleated boiling (NB).
3.2.2. Effect of heat flux, q”
For R290 and lower G (Fig. 5a) one can see the influence of q" up to a certain quality (x ~ 0.8), hz
increases with increasing q". For larger x the coefficient increases, but independent of the q". In Fig.
5b for a larger G, hz increases regardless from q", reaching the value around 18 kW/m²K for x of
0.05 to 0.87. This behavior also occurs for R600a, but for larger G (Fig. 5d). The hz reached values
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close to 9 kW/m²K. For the lowest G, the decrease of hz, and the little influence of q" for the entire
range of x, can be verified.
Comparing the behavior of the coefficient hz for the fluids in Fig. 6, it is verified that for low values of
x the behavior is similar. With the increase of x, R290 has the highest coefficient and it continues to
increase with x. As for the R600a, the hz stabilizes and subsequently tends to decrease, reaching in
this condition the dry-out. The predominant patterns observed for this condition were the plug and
slug for the R290 and the annular for the R600a. The main differences are related to different
refrigerant properties, like conductivity, viscosity and enthalpy of vaporization.
Propane - R290

Isobutane - R600a

Isolated Bubbles
q”=5kW/m², G=170 kg/m²s, xo-TS=0.09

Isolated Bubbles

Not observed
Plug and Slug
q”=10kW/m², G=70 kg/m²s, xo-TS=0.43

Plug and Slug
q”=5kW/m², G=35 kg/m²s, xo-TS=0.29

Churn
q”=5kW/m², G=100 kg/m²s,xo-TS=0.41

Churn
q”=16kW/m², G=100 kg/m²s,xo-TS =0.3

Wave Annular
q”=20kW/m², G=70 kg/m²s,xo-TS=0.98

Wave Annular
q”=15 kW/m², G=60 kg/m²s,xo-TS=0.56

Annular
q”=15 kW/m², G=55 kg/m²s,xo-TS=0.98

Annular
q”=10kW/m², G=55 kg/m²s,xo-TS=0.81

Figure 2: Images of flow patterns observed for refrigerants R290 and R600a
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Figure 3: Maps of flow patterns: (a) R290 and (b) R600a
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Figure 4: Local heat transfer coefficient for R290 (a) - (b) and R600a (c) - (d) for heat fluxes of
q”= 5 kW/m² and q”= 15 kW/m²

Figure 5: Local heat transfer coefficient for R290 (a) - (b) and R600a (c) - (d) for mass flux of
G=55 kg/m²s and G=100 kg/m²s
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Figure 6: Heat transfer coefficient of R290 and R600a comparison for q”=15 kW/m² and G=100 kg/m²s

3.3 Pressure drop
The acceleration, or momentum pressure, represents a very low percentage of the total pressure
drop (around 4% for low G and 9% for higher G). In Fig. 7 is shown the effect of G on frictional
pressure gradient, dp/dzf, for R290 (Fig. 7a) and R600a (Fig. 7b). Most notably, as G increases,
pressure drop increases and nearly linearly for most of the quality range. An increase in the friction
pressure gradient with the vapor quality is observed as G increases, and this effect is more evident
for R600a. The lower G the gradient practically independent of quality. The R290 has lower pressure
drop than R600a (8 kPa/m and 18 kPa/m, respectively). This is justified because the propane has
higher vapor density, higher density ratio and lower viscosity of the liquid, besides the higher
saturation pressure (840 kPa in relation to 303 kPa for the isobutane).
The increase in pressure drop with G is related to the velocity difference between the liquid and
vapor phases and the flow regime, because the larger the G, the greater the variation of the slip
velocity between the phases and consequently, and the predominant pattern is annular.

Figure 7: Frictional pressure drop variation for different mass flux for R290 (a) and R600a (b)

4. CONCLUSIONS
Experimental results during flow boiling of R290 and R600a in a horizontal MPE tube, under
variations in the mass flux, G, heat flux, q", and vapor quality, x, were presented. The behavior of
heat transfer coefficient, h, and pressure drop gradient, dp/dz, for different conditions were
investigated and the flow patterns were identified. Some observations could be made from this study:
- The HT coefficient, h, increases with q", for both fluids, especially for low vapor qualities. The effect
of increasing G on h is greater for larger qualities and is almost negligible for smaller ones.
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For R600a for smaller values of G, the h is almost independent of x and, different from R290, for
larger G there is a decrease of h. In the comparison between R290 and R600a, the coefficient h for
the propane, is practically 50% higher;
- The frictional pressure losses increase with increasing G and the quality, and the relation with the
evolution of the flow patterns is observed. The R600a has a higher pressure loss than R290, and
this effect is more evident for larger G;
-The main flow patterns observed for both fluids were plug/slug, intermittent (churn, annular
waviness) and annular, and heat and mass flux have significant effect on the patterns and the
transition; different flow patterns in parallel minichannels have been verified. It has also been found
that the flow patterns for R600a evolve faster to the annular pattern, relative to R290.
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NOMENCLATURE
A
e
G
h
i
k
L

m

N
p
∆p
q
q"
T
x




area [m ]
wall thickness [m]
mass flux [kg/m2s]
heat transfer coefficient [W/m²K]
enthalpy [kJ/kg]
thermal conductivity [W/mK]
length [m]
mass flow rate [kg/s]
number of channels
pressure [kPa]
pressure drop [kPa]
electrical power, heat rate [W]
heat flux [kW/m 2]
temperature [ºC]
vapor quality [-]
density [kg/m³]
void fraction [-]
2

Subscripts
ac
c
es
ew
f
i
is
l
lv
o
PH
s
sat
tot
TS
v
z

acceleration
cross section
external surface
external wall
frictional
inlet
Internal surface
liquid
liquid-vapor
outlet
pre-heater
superficial
saturation
total
test section
vapor
axial location/local
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ABSTRACT
Flow patterns and void fraction are crucial descriptors of two-phase flows. This paper presents flow
pattern identification and void fraction measurement with a non-intrusive method by a new
capacitive sensor.
In addition, this paper presents characterization of flow patterns with the capacitive sensor,
correlated to visualization results obtained by a high-speed camera in horizontal and vertical round
tubes (D=7mm) with R134a in developed adiabatic conditions. The sensor can characterize flow
patterns observed within the test conditions. The sensor was calibrated based on mass
measurements. After this calibration, the capacitive sensor can be directly used to measure void
fraction in further studies. Three different axial lengths of electrodes in the sensor are built to
explore the potential of application of this sensor in various HVAC&R systems. The comparison of
signals from each of them shows that the signals are independent of axial length in the range
explored.

1. INTRODUCTION
A non-intrusive way to characterize flow regimes and void fractions has many potential benefits
over classical methods. Keska et al. (1999) claimed that capacitive signals showed very good
potential to recognize flow patterns. Different capacitance sensors for void fraction and flow
regimes were designed and presented by various authors (Abouelwafa and Kendall, 1980, Ahmed
and Ismail, 2008, Canière, T'Joen, et al., 2007, Canière et al., 2008, Elkow and Rezkallah, 1996,
Geraets and Borst, 1988, Jaworek and Krupa, 2004, 2010, Kendoush and Sarkis, 1995). Some
typical electrodes configurations for a capacitance sensor are shown in Fig. 1. In the work
presented in this paper, we used an original, newly developed sensors by the authors (Qian and
Hrnjak, 2018), having configuration with two concave plates (Fig. 1(a)) which has the potential to
measure cross-sectional void fraction by reducing axial length of electrodes. In former studies, the
axial length of electrodes was commonly set to be equal to one or more than one inner diameter.
We studied three axial lengths to see whether it can be reduced and thus be used in various
HVAC&R systems that require more compact design.

Figure 1: Some typical electrode configurations: (a) Two concave plates. (b) Four concave plates. (c) Six concave
plates. (d) Rings. (e) Double helix. (Jaworek and Krupa, 2004)
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2. DESIGN OF CAPACITANCE SENSOR
Two concave electrodes do not provide uniform electric field. That means the capacitive signals of
two-phase mixture within the sensor depends on both two phase distribution and dielectric
constant of the mixture. That strengthens the need of the calibration procedure in real conditions,
not based on void fraction correlations.
We used R134a as the working fluid which has very high volume resistivity. At 25ºC, dielectric
constant for liquid phase is 9.87 and for vapor phase is 1.0125 (ASHRAE, 2013). The dielectric
constant difference between two phases will be the signal for the flow patterns and void fraction.
The sensor must have the capability to measure small capacitive signals (in pF) to be utilized in
HFC systems. Also, the dielectric constant is a temperature dependent property. For R134a,
researches (Feja, 2012, Sedrez and Barbosa, 2015) reported dielectric constant decreased as
temperature increased. However, if the temperature is kept constant when refergeant is in the twophase zone, the effect can be neglected. dos Reis and Goldstein (2005) developed a procedure to
correct the effect of variation of fluid flow temperatures and it can be used in this sensor when
needed.
The capacitance sensor in this paper has similarity to the one developed by Canière, T’Joen, et al.
(2007). To utilize this sensor in more situations other than only horizontal tubes, some
modifications and further developments are made. Fig. 2 shows the cross-sectional and side view
of the sensor. Fig. 3 shows configuration of the electrodes in the sensor. Detailed description of
this sensor can be found in the earlier publication (Qian and Hrnjak, 2018). Seven pairs of
electrodes (1-7) with three different axial lengths locate in a row with the gap between each pair of
electrodes of half inner diameter of the tube (D/2). First three pairs from the left (1-3) have the axial
length of one diameter (D). Axial length of two pairs of electrodes (4 and 5) is 2D/3 and of the last
two pairs (6 and 7) is D/2. Four pairs of electrodes (1, 3, 5 and 7) are connected to the ground as
guarding electrodes to let the electric field be kept within the electrodes. The other three pairs with
different axial lengths measure the capacitive signals within the electric field. We have used a
commercially available transmitter which can directly measure capacitive signals from custom
sensors. It is capable to read such small capacitive signals and provide relative good resolution
(approx. 0.001 pF).

Figure 2: Cross-sectional and side view of the capacitance sensor

Figure 3: Configuration of the electrodes in the sensor
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3. FACILITY
The schematic drawing of the calibration facility is shown in Fig. 4. Detailed description of the
facility can be found in (Qian and Hrnjak, 2018). Basically, it is a gear pump facility without oil.
Refrigerant is first heated into superheat vapor and then condensed to desired quality. Quality is
determined by measuring temperature and mass flow rate of the secondary fluid. In the test
section, two quick-closing valves are used to measured void fraction. A high-speed camera is used
to capture high-speed video of flow regimes with resolution 512x512 and speed of 2200 frames per
second. The sensor is located right after the visualization part. The experimental conditions are
listed in Tab. 1.

Figure 4: Schematic drawing of experimental facility, test section in the red box
Table 1. Experimental conditions

Working media
Refrigerant temperature (Tr)
Test section orientation

R134a
33ºC
Horizontal and vertical

Test section length

Horizontal: 1500 mm (~214 dia.)
Vertical: 750 mm (~107 diameters)
Horizontal: 40, 80 and 115 kg/m2s
Vertical: 65, 80 and 115 kg/m2s

Mass flux

4. RESULTS
For a certain mass flux and flow direction, the capacitive signals are read by a PC in pF directly.
Capacitive signals for two base points are measured before each set of experiment was
conducted: signals for fully liquid phase (CLiquid) and fully vapor phase (CVapor). CLiquid is determined
for 33 ºC, which is equal to Tr. Olivier et al. (2015) indicate that dielectric constant of refrigerant
vapor phase is not dependent on temperature. Hence, CVapor is measured at room temperature.
After the two base points are measured, the capacitive signals for other test conditions (CMeasured) is
then obtained. The normalized capacitance is then defined as following:

𝐶"#$% =

𝐶%'()*$'+ − 𝐶-(.#$
𝐶/01*0+ − 𝐶-(.#$

Eq. (1)

Though CLiquid and CVapor may shift among different sets of experiments, ∆C4-6 (ΔCL-V = CLiquid CVapor, denominator of Eq. (1), the entire range of signal change from two base points) keeps quite
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constant for all three axial lengths (Table 2) as the test temperature keeps constant. For a certain
quality the numerator shows how much is the value larger than the value for the vapor condition (x
= 1). Hence, the normalized signals are typically from 0 to 1. Though the base points shift among
different sets of experiments, De Kerpel et al. (2013) proposed that normalized calibration curves
would not be affected if ΔCL-V remained the same.
Table 2. Range of ΔCL-V for different sets of experiments for horizontal and vertical
configurations, axial length of L=D/2, 2D/3 and D

4.1.

ΔCL-V (pF)

L=D/2

Horizontal
Vertical

1.1186±0.057
1.3190±0.011

L=2D/3
1.2241±0.0492
1.3629±0.0174

L=D
1.7972±0.069
1.8532±0.0085

Capacitive signal characteristics for various flow patterns

4.1.1. Horizontal flow regimes
Two major flow regimes are observed within the given mass flux range: slug/stratified-wavy flow
and stratified-wavy flow. Fig. 5(a) and (b) show visualization results and schematic drawings. For
slug/stratified-wavy flow, vapor slug appears in the upper portion of the tube periodically with liquid
bridges in the middle. Boundary between upper vapor and lower liquid is wavy. When the vapor
quality increases, liquid flow at the bottom and vapor stays in the upper portion of the tube with a
wavy boundary.

Figure 5: (a) Slug/stratified-wavy flow (R134a, 80 kg/m2s, x=0.1, T=33ºC), (b) Stratified-way flow (R134a, 115
kg/m2s, x=0.6, T=33ºC)

Fig. 6(a) shows the normalized signals of slug/stratified-wavy flow (x=0.1), stratified-wavy flow
(x=0.5) and two reference quality: fully liquid (x=0) and fully vapor (x=1) for the mass flux of G=80
kg/m2s. When the quality x = 0.1 (slug/stratified-wavy flow), normalized signals show two major
concentrations: one is at the top and the other is in the middle. This is because that when the
vapor slugs goes into the sensor, capacitive signals stay at the middle level. When liquid bridges
enter the sensor (all the cross-sectional area within the sensor is filled with liquid phase
refrigerant), signals move up to the top. For the quality of 0.5 (stratified-wavy flow), no liquid
bridges appeared in the visualization results. Vapor and liquid phase are separated by a wavy
boundary. The signals show only one major concentration with relatively small oscillation
amplitude. Fig. 6(b) shows the probability density estimate (PDE) results for both x=0.1 and 0.5.
PDE which is to estimate the probability density in a non-parametric way is used to obtain signal
amplitude distributions. As expected, for x = 0.1, two peaks representing two dominant levels
(around 1 and 0.65) show up in the PDE diagram. For PDE results of x=0.5, only one steep peak
presents. Combining Fig. 6(a) and (b), the major flow regimes appeared within tested mass flux
range can be characterized by the capacitive signals.
Fig. 7(a) and (b) show the comparison among electrodes with different axial lengths. Two qualities
representing two flow regimes which are discussed above are shown here. In both conditions, all of
the three pairs of electrodes can give signals with same patterns. The comparison results are similar
to qualities and mass fluxes. Besides, results from PDE diagram are also similar. They are not shown
here due to the space limitation. Hence, for horizontal flows, D/2 electrodes can give similar results
as larger electrodes does.
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Figure 6: (a) Normalized signals for x=0.1, x=0.5 and two base points, G=80 kg/m2s, horizontal (b) PDE for x=0.1
and x=0.5, G=80 kg/m2s, horizontal

Figure 7: Signals comparison among electrodes with axial length of D, 2D/3, D/2 (a) x=0.1, G=80 kg/m2s,
horizontal, (b) x=0.5, G=80 kg/m2s, horizontal

4.1.2. Vertical upward flow regimes
In this mass flux range, we observed slug, churn and annular flows. Fig. 8(a)-(c) shows the
visualization results and schematic drawings. Slug flow is observed when quality is small. Vapor
slugs appear periodically with liquid bridge in the middle. The slugs are in the middle of the tube
and filling almost the entire cross section due to the direction of gravity is opposite of the flow. For
high qualities, annular flow appears when liquid flows along the wall of the tube with vapor in the
central core. It is relatively stable though the interface between liquid and vapor core is wavy.
Churn flow which is in the middle quality range is highly agitated and the interface between liquid
and vapor is hard to locate.

Figure 8: (a) Slug flow (R134a, 80 kg/m2s, x=0.1, T=33ºC), (b) Churn flow (R134a, 80 kg/m2s, x=0.5, T=33ºC), (c)
Annular flow (R134a, 115 kg/m2s, x=0.9, T=33ºC)
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Similar to flow regimes in horizontal tubes, normalized signals and PDE results for different flow
regimes are shown in Fig. 9(a) and (b). We selected x=0.1 (slug flow), x=0.4 (churn flow), x=0.8
(annular flow) and two reference conditions: x=0 and x=1 for mass flux equals to G=80 kg/m2s as
an example to show the characterization procedure. For slug flow, the signal pattern is similar to
slug flows in horizontal tubes. Signals concentrate at two major lever depending on whether vapor
slug or liquid is in the sensor. For annular flows, the signals concentrate at one major level. Signals
fluctuate at a relatively suitable state and no huge oscillations are observed. Signals for churn
flows are relatively more unstable compared to annular flows. The amplitude of oscillation is
bigger. In Fig. 9(b), two peaks which represent dominant signal values are shown for slug flows.
Only one peak which represents the dominant signal value is shown for annular flows. The peak in
the diagram has a very small span, which shows the possibility of signals appears closely around
the major value is much higher than other ranges. For churn flows, only one peak shows in the
diagram as well. However, the span of the peak is bigger than that of annular flow, which means
signals appear in a wider range.

Figure 9: (a) Normalized signals for x=0.1, x=0.4, x=0.8 and two base points, G=80 kg/m2s, vertical (b) PDE for
x=0.1, x=0.4 and x=0.8, G=80 kg/m2s, vertical

Fig. 10(a) to (c) show the comparison of signals among electrodes with different axial length. The
three qualities discussed above which represent three different flow regimes are shown here.
Signals from electrodes with different axial length give similar patterns and PDE results. Hence, for
vertical upward flows, D/2 electrodes can give similar results as larger electrodes.

Figure 10: Signals comparison among electrodes with axial length of D, 2D/3, D/2 (a) x=0.1, G=80 kg/m2s,
vertical, (b) x=0.4, G=80 kg/m2s, vertical, (c) x=0.8, G=80 kg/m2s, vertical
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4.2.

Calibrated correlations for signals vs. void fraction based on mass measurements in
smooth tubes

As mentioned above, the electric field is not uniform due to the configuration of electrodes. This
results for the relationship between void fraction and capacitive signals is not linear. The calibration
procedure is necessary before using this sensor to measure void fraction. Detailed calibration
procedure can be found in (Qian and Hrnjak, 2018) and the results are shown in Fig 11(a) and (b).
With these graphs (equations), sensors can be directly utilized to measure void fraction in
horizontal and vertical upward flows with R134a in this mass flux range.
Fig 12(a) to (c) show the comparison of signals obtained from electrodes with different axial length
corresponding to the measured void fraction for horizontal flows. All three mass flux conditions are
compared. Three series of signals have the same trend. When the electrodes with different axial
lengths measure the same void fraction and flow regime, the values of normalized time-averaged
singles are nearly the same among these three pairs of electrodes. The signal values from
electrodes with length of D/2 are overlapping those of D. However, the signal valves of electrodes
with length of 2D/3 are a little bit smaller than those from the other two pairs. This may due to the
configuration of the electrodes or instrumental errors. The pair of electrodes with 2D/3 axial length
locates in the middle, where more guarding electrodes that are connected to the ground on both
sides. This may reduce the values of signals. The normalized time-averaged signals are
independent of void fraction and flow regimes and can be used to measure void fraction. Results
for vertical upward flows are similar and not shown here due to the space limitation.

Figure 11: Calibrated relationship for capacitance sensor: measured void fraction by extraction vs. normalized
signal at low mass flux, R134a, 33ºC. (a) horizontal flows; (b) vertical upward flows

Figure 12: Signals comparison among electrodes with axial length of D, 2D/3, D/2 (a) G=40 kg/m2s, (b) G=80
kg/m2s, (c) G=115 kg/m2s
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5. SUMMARY AND CONCLUSIONS
A new capacitance sensor is developed to characterize flow regimes in non-transparent tubes and
measure void fraction for horizontal and vertical upward flows in smooth tubes.
Mass measurement method (extraction) is used to calibrate the sensor for void fraction.
Comparison of signals among electrodes with different axial lengths shows that all three lengths of
electrodes have similar capabilities when characterizing flow regimes and measuring void fraction.
The length can be reduced to at least half of inner tube diameter from one when using this sensor
in more compact applications.
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ABSTRACT
Proper operation of refrigerant distributors is essential for full utilization of evaporators with multiple
circuits. The most common principle to first generate fully homogeneous flow after expansion valve
and then distribute fluid into numbers of “feeder” tubes. Imperfect selection of the parameters can
affect the uniformity of distribution.
This paper presents experimental evaluation of distribution with visualization of the flow through
distributor and feeder tubes. The entire line between expansion valve and evaporator (distributor
and feeder tubes) are all transparent.
The operation in this research was conducted in real 4-5 kW R134a system. The mass flow rate and
inlet quality for each evaporator circuit are measured under same superheat, which represent the
uniformity of distribution. Combining this quantitative mal-distribution with the visualization result, it
offers a deeper insight into the mechanism of distributor performance.
Keywords: Distributor, Two Phase, Evaporator, Visualization, Geometry, Quality, Mass Flow Rate,
Orientation

1. INTRODUCTION
Refrigerant distributors are commonly used on multi-circuits evaporators to separate liquid and vapor
refrigerant evenly to each circuit and reduce pressure drop through evaporators. It is well known that
distribution of two-phase refrigerant in distributor is significant to the performance of evaporator and
system efficiency. Fay and Hrnjak (2012) investigated the effect of maldistribution of a conical
distributor on capacity and system COP in a commercial air conditioning system. They found that an
improvement of 4% in COP and 5% in capacity could be obtained when uniform distribution was
achieved by adjusting distribution by needle valves installed in each circuit. There are many factors
influencing the performance of distributor, such as mass flow rate, quality, inclination angle,
distributor type and geometries. Several researches have been done to get more understanding
about distributor and explore possible ways to improve its performance. Nakayama et al. (2000)
found that the maximum cooling capacity difference among each circuit was higher at lower vapor
quality. However, mass flow rate had nearly no effect on this parameter. This indicated that twophase flow was mixed well inside the distributor. The influence of orientation depends on both the
distributor type and working conditions. Zhang et al. (2014) demonstrated that reservoir type
distributor could keep good performance when the inclination angle deviating from vertical direction
was less than 10°. However, its performance would become much worse when the distributor was
installed horizontally. For a good conical type distributor, Fay and Hrnjak (2012) found there was
almost no difference in superheat patterns when the distributor was installed vertically or inclined
with an angle of 45°. Li et al. (2005) indicated that the shape of distributor base and the position of
orifice with respect to the distributor base had a significant effect on distribution by CFD simulation.
The connections between distributor and expansion device also influence the uniformity of
distribution. Bowers et al. (2014) indicated that by using an expansion device which integrated the
distributor into the valve body, distributions of mass flow rate and superheat among each circuit
became more uniform than the traditional valve and distributor assembly.
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Visualization through a transparent distributor with a high-speed camera is a good option to get a
deeper insight of how the refrigerant two-phase flow is mixed and then separated into each circuit.
Aziz et al. (2012) conducted experiments to visualize air and water two-phase flow in an acrylic resin
distributor. They found that the two-phase distribution was more uniform at high superficial velocities
of vapor and liquid. Flow patterns at the inlet of the distributor observed in their study were in good
agreement with Mandhane-Baker and Sekohuchi flow map for horizontal flow and vertical flow.
Yoshioka et al. (2008) visualized R410A two-phase flow in a cylinder type distributor made of polycarbonate resin. It was observed that liquid remained at the bottom of the distributor and part of it
was dragged by the inlet flow unevenly into each circuit. This was because the inlet flow tended to
incline in a certain direction.
In this study, several factors influencing the performance of refrigerant distributor were investigated.
A 3D-printed transparent distributor is built with the same inner geometry of a distributor from Parker
Hannifin. A high-speed camera was used to visualize the refrigerant two-phase flow in the
transparent distributor and in the tube between distributor and expansion device.

2. EXPERIMENT
2.1.

Facility

The operation in this research is conducted in a real 4-5 kW R134a system (shown in Fig. 1). It
consists of two parts: the condensing unit and the test section. The condensing unit includes a
compressor, an air-cooled condenser and a brazed plate heat exchanger as a sub-cooler. The test
section is composed of a thermostatic expansion valve (TEV), a distributor and an electrical-heated
evaporator. The TEV and the distributor are provided by Parker Hannifin. Four electrical heaters are
controlled by variacs individually so that the same superheat can be achieved at evaporator exits.
Four watt-transducers are used to measure the heating power of each electrical heater. Superheat
at evaporator exit is obtained by measuring both pressure and temperature of the refrigerant. Four
Micro Motions are installed downstream of the evaporator to get the mass flow rate of each circuit.
Another one is installed before TEV to get the total mass flow rate. After passing through Micro
Motions, four circuits converge into one tube connected to compressor, which is lubricated with POE
32 oil. All the four circuits have the same tube length with similar configuration to reduce the influence
of facility on refrigerant distribution. The test section and the condensing unit are connected by
flexible hoses. Hence, the test section can be set at different orientations with the connection
between TEV and distributor not changing.
To visualize refrigerant two-phase flow in distributors, a transparent one is built based on the
geometry of a distributor form Sporlan by 3D-printing. As shown in figure 2, the transparent distributor
is connected to TEV directly by bolts and sealed with O-ring. Clear PFA tubes are glued to distributor
outlets as feeder tubes. It is possible to visualize the flow patterns in any part between TEV and
evaporator in this facility.

Figure 1: Schematics of experimental facility
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Figure 2: TEV and distributor assembly
2.2.

Operating conditions and data reduction

This study investigates the effect of mass flow rates, vapor qualities at the distributor inlet and
orientations on distribution characteristics. Refrigerant mass flow rates are controlled by changing
the compressor frequency with a VFD. Vapor qualities at the distributor inlet are adjusted by
changing the flow rate of chilling water in the sub-cooler. For each combination of mass flow rate
and distributor inlet quality, three flow orientations (horizontal, vertical upward and vertical
downward) are studied (Table 1). Figure 3 shows the test section at horizontal orientation.

Figure 3: Test section at horizontal orientation

Conditions
1
2
3
4
5

Table 1. Experiment conditions

Mass flow rate [g/s]
15
20
25
25

Quality [-]
0.23
0.23
0.23
0.15

25

0.09

Distributor performance is evaluated by the uniformity of refrigerant mass flow rates, vapor qualities
at distributor outlets and heat loads among each circuit. Since the superheat at evaporator exit is
controlled to be the same for all circuits, the heat load is proportional to the amount of liquid phase
refrigerant. Mass flow rates and heat loads are measured by micromotions and watt transducers
directly, while qualities are calculated by the following equations:

ℎ"#$,& = 𝑓(𝑇"#$,& , 𝑃"#$,& )
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ℎ-,& = 𝑓(𝑃"#$,& )

Eq. (2)

ℎ.,& = 𝑓(𝑃"#$,& )

Eq. (3)

ℎ"#&,& = ℎ"#$,& − 𝑄& /𝑚&
𝑥& =

(ℎ"#&,& − ℎ-,& )
(ℎ.,& − ℎ-,& )

Eq. (4)
Eq. (5)

Where i represents each circuit (i=1-4). Tero and Pero are the temperature and pressure at evaporator
outlet; hero and heri are the specific enthalpy of refrigerant at the evaporator outlet and inlet; hl and hg
are the specific enthalpy of saturated liquid and gas at evaporating pressure; Q is heat load providing
to each circuit; m is refrigerant mass flow rate; and x is vapor quality of each circuit at distributor
outlet. The specific enthalpies are obtained by REFPROP.

3. RESULTS AND DISCUSSION
3.1.

Influence of Mass Flow Rate

To compare distributor performance under different working conditions in one figure, nondimensional mass flow rates (𝑚& ∗ ,), qualities (𝑥& ∗ ) and heat loads (𝑄& ∗ ) are defined by equations 68:

𝑚& ∗ =

𝑚&
7
(∑&89 𝑚& )/4

Eq. (6)

𝑥& ∗ =

𝑥&
7
(∑&89 𝑥& )/4

Eq. (7)

𝑄& ∗ =

𝑄&
7
(∑&89 𝑄& )/4

Eq. (8)

where mi, xi, and Qi are mass flow rate, quality (distributor outlet), and heat load of circuit i (i=1 to 4).
Figure 4 shows the distributions of 𝑚& ∗ , 𝑥& ∗ and 𝑄& ∗ at horizontal orientation with total mass flow
rates varying from 15 to 25 g/s. Figure 4(a) and 4(b) illustrate that circuits with higher mass flow rates
are corresponding to lower qualities. This is because flow resistance in each circuit is the same.
Therefore, the combination of lower vapor quality and higher mass flow rate (or higher vapor quality
and lower mass flow rate) is a logical result to produce the same pressure drop. Figure 4(c) shows
more heat loads are applied on circuits 1 and 4 than circuits 2 and 3 to achieve the same superheat.
This indicates more liquid phase refrigerant is divided into circuits 1 and 4. Distributions of the nondimensional parameters show similar patterns when distributor is installed vertically.
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Figure 4: Distributions of non-dimensional (a) mass flow rates, (b) qualities, and (c) heat loads of
each circuit as a function of total mass flow rate (distributor inlet quality is fixed at 0.23)

When total mass flow rates increase, all the non-dimensional parameters are closer to 1 indicating
more uniform distribution. As flow velocity for both liquid and vapor increases when mass flow rates
are increased, the inertial force is stronger. On the other hand, as two-phase flow develops along
the tube between TEV and distributor, flow velocity in the region right after TEV is decreased. The
decrease of velocity for liquid phase is not as large as vapor because liquid phase is more affected
by inertia and inclined to resist the change in velocity. As a result, the velocity difference between
liquid and vapor in the distributor inlet tube is smaller and the two-phase flow is more homogeneous.
It is also observed that gravity does not influence refrigerant distribution because circuit at the top
position (circuit 4) gets more liquid refrigerant than circuits at the middle (circuits 2 and 3). This
indicates for all the tested mass flow rates (15–25 g/s), inertia prevails over gravity.
3.2.

Influence of Distributor Inlet Quality

Figure 5 shows the distributions of 𝑚& ∗ , 𝑥& ∗ and 𝑄& ∗ as a function of the distributor inlet quality at
vertical downward orientation. In figure 5(a), it shows that distribution of mass flow rates becomes
more uniform at lower inlet quality. However, distribution of qualities shows an opposite trend. In this
case, distribution of heat loads is more decisive because majority of the cooling capacity in the
evaporator depends on liquid phase refrigerant. According to figure 5(c), heat loads applied on each
circuit are more uniform as inlet quality decreases. A contrary conclusion was obtained by Nakayama
et al. (2000). They found the cooling capacity difference among each circuit is larger at low quality.
This indicates that the influence of inlet quality on distribution characteristic may be determined by
two opposing factors at the same time. Slip ratio, defined by Equation 9, is used here to explain this
phenomenon. Smaller slip ratio means more homogeneous flow and can contribute to more uniform
distribution.
According to Ahmed et al. (2008), void fraction in both developing and developed region is smaller
for lower vapor quality. Thus, when distributor inlet quality is decreased, the first term on the right
side of Equation 9 is decreased, while the second term is increased. The third term is a constant
when temperature and pressure are not changed. Consequently, the slip ratio may increase or
decrease depending on which term is dominant. This may be a possible reason for the contrary
conclusion between this study and Nakayama et al. (2000).

𝑢.
𝑥 1 − 𝛼 ρEq. (9)
=
𝑢1−𝑥 𝛼
ρ.
Where ug and ul are flow velocity of vapor and liquid phase; ρ is density; x is distributor inlet quality;
and 𝛼 is void fraction.
S=
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Figure 5: Distributions of (a) mass flow rates, (b) qualities, and (c) heat loads of each circuit as a
function of distributor inlet quality (mass flow rate is fixed at 25 g/s)

3.3.

Influence of Orientation

Standard deviation which reflects the relative scatter with respect to the mean value can be used to
indicate the distributor performance of a certain working condition concisely (Han et al., 2014).
Equations 10 and 11 show the definition of standard deviation of mass flow rates and heat loads.

∑7 (𝑚& ∗ − 1)D
𝑆𝑇𝐷B = C &89
4

Eq. (10)

Eq. (11)
∑7&89(𝑄& ∗ − 1)D
𝑆𝑇𝐷E = C
4
∗
∗
where 𝑚& and 𝑄& are non-dimensional mass flow rate and heat load of circuit i (i=1 to 4).
Figure 6 illustrates the standard deviation of mass flow rates (dash lines) and heat loads (solid lines)
at three orientations with different mass flow rates (Fig. 6a) and different distributor inlet quality (Fig.
6b). It was noticed that the difference in standard deviations at three orientations is almost negligible.
That is to say this distributor can be installed at any orientations and keep similar performance. A
possible reason for this phenomenon is the distance between the TEV and distributor is very short
(about 25 mm). The two-phase flow is still at developing region and phase separation is not
happened.
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On the other hand, both STDm and STDQ get smaller as mass flow rate increases (Fig. 6a) or
distributor inlet quality decreases (Fig. 6b). This is consistent to the conclusions in Section 3.1 and
3.2.

Figure 6: Standard deviations as a function of (a) total mass flow rates and (b) distributor inlet
qualities

4. VISUALIZATION
To get a better understanding about maldistribution of refrigerant two-phase flow in distributors and
the tubes before it, a transparent distributor made by 3D-printing is used for visualization. Figure 7
illustrates the visualization results with different mass flow rates at horizontal orientation. When mass
flow rate is 3.5 g/s, the flow regime before the distributor is annular flow. Liquid at the bottom of the
tube is thicker than that at the top. It can be predicted that circuit at the bottom will get more liquid
than other circuits in this case. As mass flow rate increases to 8 g/s, it is still annular flow. However,
the liquid layer thickness at the bottom is quite close to that at top. When mass flow rates are within
the range of 15 to 25 g/s (the tested working conditions in this study), the two-phase flow becomes
more uniform in the inlet tube and inside the distributor. It seems that a gradual transition from
annular flow to homogeneous flow happens as mass flow rates increase. As shown previously in
figure 4, circuits at the bottom did not get more liquid when mass flow rates are among 15 to 25 g/s.
This also indicates that phase separation due to the effect of gravity is not observed in this study.

Figure 7: Visualization of two-phase flow in distributor

The nominal cooling capacity for this distributor is 4-5 kW. If using R134a as working fluid, the mass
flow rate should be about 25 to 30 g/s. Both the visualization and experimental results show that
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when mass flow rate is above 55% of the nominal flow rate (larger than 15 g/s), the influence of
gravity on flow distribution is negligible.

5. SUMMARY AND CONCLUSIONS
Some possible factors influencing the performance of refrigerant distributor were investigated in a
R134a system. It was found that higher mass flow rate and lower distributor inlet quality can result
in more uniform distribution, while the effect of orientation (or gravity) is negligible. Phase separation
due to gravity is not happened in visualization results for the tested working conditions. But at
extremely low flow rates, the effect of gravity is observed.
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specific enthalpy (kJ/kg)
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mass flow rate (g/s)
heat load (W)
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ABSTRACT
Flow patterns and pressure drop in a vertical tube with header-like protrusions in adiabatic conditions
are presented. Three major flow patterns are observed with a high-speed camera in the mass flow
rate range studied in this paper: slug flow, churn flow and annular flow. The flow pattern map is
proposed.
As the distance between two measurement ports along the tube decreases, pressure drop of
refrigerant flows in the tube with protrusions decreases for all vapor qualities and mass flow rates.
The relation is close to linear. However, the relation between pressure drop between two certain
ports and quality is not linear. For relatively larger mass flow rate, as the quality increases from 0,
pressure drop decreases first and then increases. There is a smallest pressure drop at moderate
quality. The smallest pressure drop among all the qualities between two certain ports happens
decrease from x=1 to x=0.6 as mass flow rate increase from 3 g/s to 7.5 g/s. If the quality is kept to
be constant, DP is smaller for higher mass flow rate for relatively small qualities. However, in the
high-quality range, DP is larger for higher mass flow rate.
Keywords: R134a, Pressure drop, Vertical flow, Refrigerant

1. INTRODUCTION
Pressure drop and flow patterns are some of crucial information in two-phase flows. Void fraction,
heat transfer coefficient and refrigerant charge are highly related to those two parameters. This paper
shows the transitional study from round tubes to headers of microchannel heat exchangers. In former
studies, Qian and Hrnjak (2019) visualized flow patterns and measured void fraction for vertical
upwards flow in round tubes. Yang and Hrnjak (2018) studied the pressure drop for two-phase flow
within both smooth tubes and microfin tubes. Li and Hrnjak (2018) used the correlation of Friedel
(1979) to model the two-phase frictional pressure drop in a header because of the large data bank
that Friedel used. However, how accurate Friedel’s correlation is for headers requires more
experimental validation.
A capacitance sensor used to measure void fraction and characterize flow patterns in horizontal and
vertical round tubes was developed in Qian and Hrnjak (2018). Before utilizing this sensor in headers
to measure void fraction, applying it to a tube with header-like protrusions as a further calibration
procedure is necessary. Void fraction, pressure drop, flow patterns and capacitive signals for tubes
with protrusions are going to be correlated together to calibrate the sensor for real headers. After
these studies, this test section will be converted into a header with 5 inlets and 5 outlets. Flow
patterns and void fraction along the headers will be studied.

2. FACILITY
The schematic drawing of the facility is shown in Fig. 1. Subcooled liquid refrigerant (R134a) is
pumped through a mass flow meter with a gear pump without oil. Enthalpy is obtained from
refrigerant pressure and temperature before the heater. The flow is then heated by an electric heater
and the power is measured by a watt transducer. With the measured power, mass flow rate and inlet
enthalpy, vapor quality after the heater is determined. After refrigerant is mixed in the mixer, it flows
into the test section which includes a visualization part and ten pressure measurement ports. The
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details of the test section will be shown later in this section. The model of pressure transducers is
Sensotec’s TJE and the differential pressure sensor is Rosemount. T-type thermocouples are used
to measure temperature. All the pressure transducers, differential pressure transducer and
thermocouples are calibrated before being applied in the facility and the uncertainties are listed in
Table 1. Upstream of the visualization section, a piece of 500 mm of 9.25mm PFA tube is utilized to
ensure the flow is fully developed. A high-speed camera is used to capture videos of the flow with
resolution of 512x512 and speed of 2200 frames per second (fps). Phantom CV 2.8 from Vision
Research Inc. is used to process the video. After refrigerant passes the test section, refrigerant flows
into two coolers whose secondary liquid is glycol then subcooled into liquid condition. The subcooled
liquid is fed into the gear pump to finish the loop.

Figure 1: Schematic drawing of experimental facility, test section in the red box
Table 1. Instrument uncertainties

Instrument
Sensotec’s THE
pressure transducer

Uncertainty

T-type thermocouple

±0.5 ºC

±1% FS

Instrument
Rosemount 0 to 30
inH2O DP transmitter
Ohio Semitronics
GW5-024CX5 watt
transducer

Uncertainty
±0.2% FS
±0.2% FS

Fig. 2 and 3 show the details of the test section. It is a 3D printed, transparent tube with header-like
protrusions. It contains ten protrusions and ten pressure measurement ports. Each protrusion with a
thickness of 3 mm has 6 microchannels. The pitch between two protrusions is 15.8 mm which is the
same as the inner tube diameter without protrusions. The other end of each protrusion which is
sealed has a socket (shown by Fig. 3). It can be easily connected to an aluminum microchannel tube
if necessary for following studies. The total length of this test section is 173.8 mm and each end of
the section is connected to a steel structure then a PFA tube.
Pressure measurement ports are named 1 to 10 from low to high. To measure the pressure
difference when single-phase or two-phase refrigerants flowing along the test section, port number
10 (assumed to be the lowest pressure port) is chosen to be the pressure baseline (connected to
the low end of the DP sensor). All other 9 ports are connected to the high end of the DP sensor by
switching in a ball-valve system. By this method, the instrumental uncertainties from using multiple
DP sensors can be reduced.
Table 2 lists the experimental conditions that have been tested.
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Figure 2: Structure and dimension of the test section

Figure 3: Cross-section of the test section

Figure 4: Pressure drop measurement method
Table 1. Experimental conditions

Working media

R134a

Mass flow rate

Refrigerant
temperature

14.5 ºC

Vapor quality

3, 4.5, 6 and 7.5 g/s
Subcooled liquid, 0.10.9 and superheat
vapor
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3. RESULTS
3.1.

Flow patterns

Refrigerant is controlled to flow into the test section from subcooled liquid to two-phase, and lastly
to superheated vapor condition with a quality increment of 0.1. In the mass flow rate explored in this
paper, we observed three major flow patterns: slug flow, churn flow and annular flow. The criterion
for each flow pattern is listed below (Fig. 5):
Slug flow: Vapor slugs appear periodically with liquid bridge in the middle. The slugs which are
disturbed by protrusions are followed by some small bubbles.
Churn flow: The total effect combined of shear on interface, pressure gradient and gravity on a
droplet is not constant upwards. Also, due to the disturbance of the protrusions, flow structures are
very chaotic. Liquid may go up and down intermittently though the mean velocity of the two-phase
mixture going up. This flow pattern is highly agitated and the interface between liquid and vapor is
constantly changing.
Annular flow: Liquid flows along the wall of the tube with vapor in the central core. Though the
appearance of the protrusions disturbs the liquid film along the tube wall, it is relatively more stable
and less chaotic than churn flow. The interface between liquid and vapor core is wavy.

Figure 5: Flow pattern definition: (a) slug flow, (b) churn flow and (c) annular flow

Visualization classification of flow patterns is shown in Fig. 6. Flow patterns presented are for mass
flow rate ranging from 3 to 7.5 g/s and saturation temperature of 14.5ºC. When protrusions are
present, mass flux defined by the smallest cross-section area is more representative (Bowers et al.,
2006). Hence, to convert from mass flow rate to mass flux, the smallest cross-section area is used
(Fig. 3). Data are shown in dots with three different symbols that represent different flow patterns:
▲-slug, ■-churn, and ♦-annular flow. Due to the limitation of experimental instruments, vapor
qualities lower than 0.05 cannot be obtained in steady state. Hence, bubbly flows which are
supposed to be observed before slug flows are not captured by the high-speed camera. When the
vapor quality and mass flow rate are relatively low, vapor slugs followed by small bubbles periodically
appear in the test section. As the quality and mass flow rate increase, the flow pattern becomes
much more chaotic. The existence of the protrusions has a further disturbance of the two-phase flow.
When the vapor quality approaches to 1, the flow pattern becomes more stable. Vapor flows in the
central core of the tube with liquid along the wall. As the vapor quality increases to 1, no liquid exists
in the test section.
.
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Figure 6: Flow patterns for vertical upwards flows in a tube with header-like protrusions. ▲-slug, ■churn, and ♦-annular flow

3.2.

Pressure drop

For the ten pressure measurement ports in the test section, port number 10 is selected to be the
baseline which is connected to the lower-pressure end of the differential pressure sensor. The
measured overall pressure drop includes three major components in this study: ΔPgravity, ΔPfriction and
ΔPlocal (due to protrosions). The results of pressure drop vs the port number (height) for all mass flow
rates and vapor qualities are discussed first. After that, the relation between pressure drop and vapor
qualities for all ports are shown. Finally, for a certain vapor quality, the influence of mass flow rate
on pressure drop is discussed.
3.2.1. Pressure drop for different ports
Fig. 7 (a) to (d) show the pressure difference between #th port and the 10th port. For all the four
mass flow rate conditions, as the port number (height) increases, the pressure difference becomes
smaller for all qualities. When the distance between two measured ports becomes smaller, the
influence of gravity, friction as well as protrusions decrease. This will result in smaller pressure drop.
And the relation between distance of two measured ports and pressure drop is almost linear. When
the mass flow rate is small (3 g/s), pressure drop for higher vapor qualities is smaller compared that
of lower quality conditions. However, for the higher mass flow rates (6 and 7.5 g/s), higher qualities
may have a higher pressure drop. This trend will be shown in detail in next section.
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Figure 7: Pressure drop between #th port and 10th port for all qualities: (a) m=3 g/s, (b) m=4.5 g/s (c)
m=6 g/s (d) m=7.5 g/s

3.2.2. Pressure drop for different qualities
Fig. 8 (a) to (d) show the pressure drop vs quality for all mass flow rate and ports. As mentioned
above, as the port number increase, the pressure drop will decrease at the same quality. The relation
between pressure drop and vapor quality is not linear. As the mass flow rate increases, the quality
for the smallest pressure drop becomes smaller. When the mass flow rate is relatively large (4.5 –
7.5 g/s), the smallest DP for different qualities does not happen when it has highest quality (0.9 or
superheated vapor). Void fraction increases dramatically as the quality increases in low quality
range. In this range, as the quality increases, less liquid with larger density exists in the test section.
This results in ΔPgravity which is dominant at low qualities reducing dramatically. The overall pressure
drop decreases.
In the higher quality range, void fraction is almost one and does not change much. The effect of
ΔPgravity becomes less significant. High velocity of vapor phase will result in higher ΔPfriction and ΔPlocal.
Hence, the ΔPfriction and ΔPlocal will dominant the overall pressure drop. As the quality increase, the
overall pressure drop thus increases as well.
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Figure 8: Pressure drop between two certain ports for all qualities: (a) m=3 g/s, (b) m=4.5 g/s (c) m=6
g/s (d) m=7.5 g/s

3.2.3. Influence of mass flow rate on pressure drop
Fig. 9 shows the effect of mass flow rate on the overall pressure drop between two certain ports.
Pressure drop between port 5 and 10 is chosen as an example and pressure drop between other
locations are similar. For lower-range qualities, pressure drop is smaller when mass flow is higher at
constant quality. But in the higher-quality range, this trend reversed. The reasons are following.
Qian and Hrnjak (2019) claimed that for a certain vapor quality, void fraction for a higher mass flux
is larger for vertical upward flows in smooth tubes. In this paper, the vertical upward flow is in a tube
with protrusions, but the relation between void fraction and mass flux may remain similar. Hence, in
the low-quality range, void fraction increases more dramatically for high mass flow rates than in highquality range. More liquid exists in the test section for smaller mass flow rate and the ΔPgravity
dominates the overall pressure drop. As the quality increases, void fraction is close to 1 and vapor
velocity increases. So, the friction pressure drop and the protrusion pressure drop become more
significant than hydrostatic pressure drop especially for higher mass flow rates.
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Figure 9: Pressure drop between port 5 and 10 for all mass flow rates

4. SUMMARY AND CONCLUSIONS
Flow patterns and pressure drop in a vertical tube with header-like protrusions in adiabatic conditions
are presented. Three major flow patterns are observed in the test section: slug flow, churn flow and
annular flow. A flow regime map for R134a is proposed (Fig. 6).
Following conclusions on pressure drop of an upward flow in a tube with protrusions are obtained:
• As the distance between two measured ports decreases, there is an almost linear relation
between the pressure drop and the distance. Pressure drop decreases for all vapor qualities
and mass flow rates.
• The relation between pressure drop and quality is not linear. The smallest pressure drop may
happen at a moderate quality. As mass flow rate increases, smallest pressure happens at a
smaller quality
• If the quality is kept to be constant, pressure drop is smaller for higher mass flow rate at
relatively lower qualities. However, in the high-quality range, pressure drop is larger for higher
mass flow rate.
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ABSTRACT
The existed flow pattern map of flow boiling are mainly developed for horizontal smooth tubes, which
are not suitable for predicting the flow patterns in micro-finned tubes. This paper presents an
improved flow pattern map for flow boiling in horizontal micro-finned tubes considering the effect of
helix angle. Visualization of R410A flow boiling was carried out through the transparent smooth and
micro-finned tubes with 0°, 10° and 18° helix angle. The result shows that the flow pattern map for
micro-finned tube with 0° helix angle is generally similar to that in the smooth tube. For the tube with
10° and 18° helix angle, the annular flow occurs at lower vapor quality and lower mass flux. A
modified model accounting for the early transition to annular flow in the micro-finned tubes is built.
Keywords: Flow pattern map, Micro-fin, Helix angle, Visualization, Flow boiling.

1. INTRODUCTION
The simultaneous motion of liquid and vapor phases in the condensing or evaporative channel leads
to several configurations known as flow patterns, which influence the wetting characteristic and the
heat transfer mechanism in the channel. Two-phase flow pattern map is a model including various
transition criteria to predict the local flow pattern under a certain condition. In the earlier research,
the flow pattern maps were built with air-water systems such as Alves (1954), Baker (1955), Taitel
and Dukler (1976). However, most of these studies were confined to the air-water system and did
not consider the effect of fluid properties and the thermal interactions on the flow. Diabatic flow
pattern maps, directly for the in-tube evaporation or condensation of a fluid, was developed and
studied. In this type of map, the local flow pattern was usually observed through a sight glass at the
exit of the evaporator or condenser tube. Kattan et al. (1998) built up a diabatic flow regime map for
evaporation considering the effect of heat flux and dry-out phenomenon at high vapor quality
conditions. Many researchers such as Zürcher et al. (2001), Thome and El-Hajal (2003), Wojtan et
al. (2005), and Mastrullo et al. (2012) improved Kattan et al.’s map (1998) and extended it to cover
different refrigerants.
Internally micro-finned tubes are believed to increase heat transfer performance in two-phase flow
because of the increasing heat transfer area and wetting characteristics. In order to further know the
mechanism for heat transfer enhancement, flow patterns in internally micro-finned tubes were
investigated by numerous researchers such as Yu et al. (2002), Hatamipour and Akhavan-Behabadi
(2012), Colombo et al. (2012). They found that the annular flow in the helical micro-finned tubes
occurs at lower mass flux and vapor quality than in the smooth tubes. Therefore, the existed flow
pattern map models developed for smooth tubes were not able to predict the flow pattern in the
micro-finned tube correctly. Sharar et al. (2013) considered the early transition to annular flow due
to the geometry effect and built up a map for micro-finned tubes. They modified the Wojtan et al.
(2005) flow pattern map originally developed for smooth tubes by adjusting the empirical constant
based on the flow visualization data in the 18° helical micro-finned tubes published by Yu et al.(2002)
and Hatamipour and Akhavan-Behabadi (2012). Rollmann and Spindler (2015) developed a flow
pattern map for flow boiling in the micro-finned tube with 18° helix angle. They derived the equations
for the transition curve based on their experimental data of R134a flow boiling. However, the above
two maps were only developed for the micro-finned tube with 18° helix angle, and did not consider
the effect of helix angle.
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The present work aims at building up a flow pattern map for micro-finned tubes considering the effect
of helix angle. The experiments of R410A flow boiling were conducted and the details of the
experimental setup was presented in Yang and Hrnjak’s work (2018) & (2019). Visualization of twophase flow was carried out through the 3D printed smooth and micro-finned tubes with 0°, 10° and
18° helix angle. Wojtan et al. (2005) flow pattern map was used as a basis for the proposed flow
pattern map. The transition of stratified-wavy to wavy-annular flow (SW-WA) and the transition of
intermittent to annular or stratified-wavy flow (I-A or I-S) were modified and the transition of wavyannular to fully annular flow (WA-A) was added.

2. DESCRIPTION OF FLOW PATEERN MAP
The new flow pattern map for micro-finned tubes is modified from Wojtan et al. (2005) flow pattern
map developed for horizontal flow boiling inside smooth tubes. The observed flow patterns in the
transparent micro-finned tube with 18° helix angle from the present study are depicted on the Wojtan
et al. (2005)’s map, as shown in Fig. 1(a). The solid and hollow symbols are the visualization data in
our experiments and the black solid lines are the transition curves from the equations in Wojtan’s
paper. Note that the slug flow, slug+SW, and intermittent flow are not separated in our experimental
data and all of them are marked as intermittent flow (I). It is found that there are two discrepancies
between our experimental data and Wojtan et al.’s map: (1) The SW-W/A transition occurs at earlier
vapor quality and mass flux conditions due to the internal helical micro-fins;(2) The I-A and or I-S
transition in Wojtan et al.’s map is a vertical line (constant vapor quality), which could not predict the
intermittent flow in our experiment properly. After the modification, it is seen from the Fig. 1(b) that
the new model has a better prediction for the flow patterns in the micro-finned tube. The following
subsections describe the details of the flow regime transitions in the flow pattern map.
(a)

(b)

Figure 1: Comparison of the experimental data in 18° helical micro-finned tube with (a) original
Wojtan et al.’s (2005) flow pattern map and (b) modified map

2.1.

Transition of Stratified-wavy Flow (SW) to Wavy-annular Flow (W/A)

For the low mass flux or low vapor quality condition, the momentum of the flow in the evaporator
tube is low, and the liquid and vapor are naturally separated into two layers due to gravity. As the
increase of the vapor quality or mass flux, the higher gas velocity extends the interfacial waves
around the circumference and leads the liquid to climb up the wall to form annular flow. The SWW/A transition is derived from the force balance method similar to Xiao and Hrnjak (2018)’s work.
Centrifugal force induced by the helical micro-finned geometry (swirling term) is added to consider
the micro-fin effect. As the annular flow is formed, the gravity, surface tension, shear, and centrifugal
force is balanced in the control volume, as demonstrated in Fig. 2(a). The transition between the
stratified wavy and wavy annular flow is obtained with the force balance and presented in Eq. (1). C1
and C2 are two empirical constants to represent the vertical portion of the forces. C1 is between 0
and 2, which represents the horizontal and vertical liquid-vapor interface, respectively. C2 is between
0 and 1, which means that the direction of the shear force is horizontal and vertical, respectively. C3
depends on the tube geometry: C3=0 for smooth tube and C3=1 for micro-finned tube.
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l g D + C1 = C2 Df v vuv2 + C3 ( l D)u2 / D
(a)

Eq. (1)

(b)

cv

Surface
Surface
tension
tension
Shear &
Gravity
Centrifugal
(c)

u

uh
uz

D
H

Figure 2: Schematic views for helical micro-finned tubes: (a) force balance in the control volume, (b)
demonstration of the internal spiral grooves, and (c) geometrical characteristics

The film thickness δ at the top of the tube used here is the average value of the film thickness
measured by Xiao and Hrnjak (2015), which is 0.03617 mm.
The interfacial shear stress can be expressed in terms of friction factor, which is calculated with the
Blasius equation.

f v = 0.079 Rev−0.25

Eq. (2)

The superficial velocity of the vapor is calculated by Eq. (3)

uv =

Gx

Eq. (3)

 v

where  is the void fraction calculated with the Steiner (1993) version of the Rouhani-Axelsson drift
flux model.

 x
 =
 v

 
 x 1 − x  1.18 (1 − x )  g ( l − v ) 
 (1 + 0.12 (1 − x ) )  +
+
l 
G l0.5
 
 v

0.25





−1

Eq. (4)

The second term of the right hand side in Eq.(1) represents the centrifugal force due to the micro-fin
geometry. For demonstration of the helical grooves inside the round tube, the isometric schematic
view of the micro-finned tube with two grooves is shown in Fig. 2(b) and the geometry features of
the micro-finned tube are described in Fig. 2(c). H is the longitudinal distance that the groove twists
180°, and D is the root diameter of the tube.

H=

D
2 tan 

Eq. (5)

The liquid refrigerant flowing inside the helical groove is assumed to rotate around the tube axis with
a constant angular speed. The fluid helical velocity is resolved into an axial component and tangential
component as shown in Fig. 2(b).

uh = uz2 + u2
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uz =
l
u =  
 lz

G (1 − x)
l (1 −  )

Eq. (7)


D 
 uz = 
 uz
 2H 


Eq. (8)

Substituting Eq.(2), (3), (4) and (8) into Eq. (1) yields the SW-W/A transition.
−1
2

 0.8 f v Dx 2
 
2  (1 − x )
GSA = ( l g D + 0.05 ) 
+ 2 ( tan  ) 
 
 v 2
l (1 −  ) 2   






2.2.

0.5

Eq. (9)

Transition of Wavy Annular Flow (W/A) to Annular Flow (A)

As the liquid film begins to wet all the tube periphery in the evaporative tube, the liquid film thickness
is not uniform due to gravity. This W/A flow pattern presents a thicker film thickness at the bottom of
the tube. As the vapor velocity is increased, W/A flow becomes fully annular flow (A), and the film
thickness is thinner and more uniform around the tube. As the liquid film at the top is too thick, the
surface tension and interfacial shear cannot hold it. The gravitational force pulls the condensate from
the upper part of tube to the bottom. The W/A-A transition is calculated by the transition of annular
flow to stratified flow in condensation proposed by Xiao and Hrnjak (2019). The transition from the
wavy-annular flow to annular flow is determined through the balance between the three different
forces: gravity, surface tension and interfacial shear as shown in Eq.(10). C1 and C2 are two empirical
constants, which are the same as that in Eq. (1).

l g D + C1 = C2 Df v vuv2

Eq. (10)

where δ is the film thickness with the assumption of uniform distribution and is calculated by the
void fraction correlation by Xiao and Hrnjak (2017).

=

D
1 −  0.5 )
(
2

Eq. (11)

The W-A transition is calculated by

GWA

2.3.

 ( l g D + 0.05 ) v 2 
=

0.8 f v Dx 2



0.5

Eq. (12)

Transition of Stratified Wavy Flow (SW) or Annular Flow (A) to Intermittent Flow (I)

In the Kattan et al. (1998) and Wojtan et al.(2005) maps, the IA or IS transition has been kept at a
fixed Martinelli’s parameter of 0.34. Barbieri et al. (2008) argued that the transition did not occur at
a constant vapor quality (related to a single value of the Martinelli parameter) and found that the
transition vapor quality diminishes with the mass velocity increases and increases with the tube
diameter. They proposed that the transition can be presented and correlated with liquid Froude
number, Frl, and Martinelli’s number, Xtt, defined as the following:

Frl

( G(1 − x) )
=

2

l2 gD
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1234

X tt = ( (1 − x) / x )

0.9

(  v /  l ) ( l /  v )
0.5

0.1

Eq. (14)

The transition of intermittent to stratified or annular flow is correlated following the above nondimensional groups with the experimental data and presented in Eq. (15).

 0.2  2 gD  1 − x 2.7   1.5   0.3 
l
v
l
GIS = 
     
2 
 (1 − x)  x   l   v  
2.4.

0.5

Eq. (15)

Transition of Stratified Smooth Flow (SS) to Stratified Wavy Flow (SW)

In the stratified flow, the flow can be further subdivided into two regions: stratified-smooth (SS) and
stratified-wavy (SW). The SS flow pattern occurs when the liquid and vapor velocity are low enough
that the interface remains relatively smooth. As the vapor velocity increases, the wave is initiated
because the pressure and shear work on a wave overcome the viscous dissipation in the wave. The
S-SW transition is the same in the Wojtan et al. (2005) map and is calculated from the original version
of the Kattan et al. (1998) boundary:
1/3

2
 226.32 ALD AVD
v ( l − v ) g l 
Gsw = 

2
x (1 − x) 3



Where

Eq. (16)

AL
D2
A
AVD = V2
D
ALD =

Eq. (17)
Eq. (18)

and GSW=GSW(xIS) for x<xIS.
Note that XIS is the vapor quality for the intersection point of GSW and GIS.
2.5.

Transition of Annular Flow (A) to Annular Flow with Partial Dry-out (D)

For the annular flow in evaporation, the continuous liquid film around the tube eventually dries out
as heated. When the partial dry-out phenomenon occurs, the wall temperature rises abruptly. Thus,
the heat transfer coefficient drops drastically. The A-D transition is calculated from the Wojtan et al.
(2005) boundary, which was based on their measurements of heat transfer coefficient :
GAD

−0.17
−0.37
−0.25
−0.70
 1    0.58 



 v 
 q
 D 
1

= 
ln
+
0.52








 

 
 0.235    x 

 v 
 gD v ( l − v ) 
 l 
 qc 

0.926

Eq. (19)

Where qc is the critical heat flux and is calculated with the model of Kutateladze (1948):

qc = 0.131v0.5 h fg  g ( l − v ) 

0.25

Eq. (20)

Where hfg is the latent heat of the refrigerant.

3. RESULTS AND DISSCUSSION
Fig. 4(a) and (b) show the experimental data of the visualization inside the smooth and axial microfinned (0°helix angle) tubes plotted on the predicted flow pattern maps. In Fig. 4(a) and (b), the solid
and hollow symbols are the visualization data and the black solid lines are the transition curves from
the equations described in the previous section. Comparing our experimental data inside the smooth
tube and axial micro-finned tubes, it is seen that there is no significant difference of the transitions.
Axial micro-fins (0° helix angle) do not provide additional force to lift up the liquid in the round tube,
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that is to say the annular flow pattern does not occur earlier (at low vapor quality or mass flux
conditions) than in the smooth tube. In addition, the predicted flow pattern maps show good
agreement with experimental results in both cases.
(a)

(b)

Figure 4: Flow pattern map in (a) smooth and (b) axial micro-finned (0°helix angle) tubes

Fig. 5(a) and (b) show the experimental data of the visualization inside the helical micro-finned tubes
with different helix angles (18° and 10°) plotted on the corresponding flow pattern maps. The solid
and hollow symbols are the visualization data and the black solid lines are the transition curves from
the equations described in the previous section. In the helical micro-finned tubes, the transition of
the intermittent flow to stratified wavy or wavy annular flow is same as that in the smooth or axial
micro-finned tubes. The intermittent flow take places as the roll wave at the liquid vapor interface
triggered by the K-H instability is strong enough as well as a sufficient liquid level, which is more
related to the tube geometry (diameter) rather than inner micro-fins. In addition, the helical microgrooves provide additional centrifugal force such that the liquid refrigerant is easier to climb to the
top of the tube and forms annular flow. Therefore, the annular flow in the helical micro-finned tubes
occurs at lower vapor quality and lower mass flux than the smooth or axial micro-finned tube. The
transition of stratified wavy to wavy annular flow in the helical micro-finned tube is shifted down.
Compared to our experimental data inside the helical micro-finned tubes, the predicted flow pattern
maps show good agreements with experimental results.
(a)

(b)

Figure 5: Flow pattern map in helical micro-finned tubes with (a) 18° helix angle and (b) 10° helix
angle

Helical micro-grooves in the round tubes influence the transition of stratified wavy flow to annular
flow, and this transition boundary is related to the helix angle. Fig. 6(a)-(c) shows the flow patterns
captured inside the micro-finned tubes with different helix angles under the same conditions
(Tsat=10°C, G=180 kg×s-1×m-2, and x=0.35). The flow regime in the tube with 0° helix angle is
stratified wavy flow, and the axial groove structure does not change the height of the wave. In the
tube with 10° helix angle, it is found that some liquid waves reach to higher location of the tube but
only part of the upper tube is wetted. For the 18° helix angle, liquid waves have enough momentum
to reach to the top and all the tube is wetted. The SW-W/A transition in Fig. 6(d) reflects this trend,
and the transition boundary shifts down with the increase of helix angle. However, the flow pattern
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map is built and validated with the current experimental data. More experimental data in different
helix angles is needed to expand the availability of the flow pattern map.
(a)

(d)

(b)

(c)

Figure 6: Visualization of two-phase flow in the micro-finned tubes with different helix angles: (a) 0
°, (b) 10 ° and (c) 18 °, and the related SW-W/A transitions in the flow map

4. CONCLUSIONS
Visualization of R410A flow boiling was conducted through the clear smooth and micro-finned tubes
with 0°, 10° and 18° helix angle. The result shows that the flow pattern map for a micro-finned tube
with 0° helix angle is generally similar to that in the smooth tube. For the tube with 18° helix angle,
the annular flow occurs at lower vapor quality and mass flux. A modified flow pattern model
accounting for the early transition to annular flow in the micro-finned tubes is built. The comparison
between experimental data and the flow regime map shows good agreement.
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NOMENCLATURE

Surface tension (N×m-1)

area (m )
Inner diameter (m)
mass flux (kg×s-1×m-2)
heat transfer coefficient (W×K-1×m-2)
pressure (kPa)
heat flux (W×m-2)
temperature (°C)
velocity (m2×s-1)
vapor quality (-)
density (kg×m-3)
2

β
Subscripts
l
v
SA
SI
AD
SW
sat

helix angle (°)

liquid
vapor
stratified wavy to wavy annular
stratified wavy to intermittent
annular to annular with partial dry-out
stratified smooth to stratified wavy
saturated
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ABSTRACT
This paper aims at presenting the heat transfer analysis of flow boiling in horizontal smooth and
micro-finned tubes through visualization in diabatic conditions. Visualization of R410A flow boiling
experiments were conducted in a transparent concentric heat exchanger. 3D printed clear resin
tubes with different geometries are placed in an outer glass tube with annular water flow for
visualizing the flow during evaporation. Parameters of generated bubble such as departure diameter
and frequency are quantified based on visualization using high-speed camera and video processing
techniques. Heat transfer in the test section is analyzed through the temperature measurements and
estimated bubble parameters. Two regions of incipience of boiling are found in the current
experiments. As the superheat is insufficient to reach the onset point of nucleate boiling, the heat
transfer is governed by forced convection. At a higher heat flux, the heat transfer is by the
mechanisms of the forced convection and surface nucleate boiling.
Keywords: Visualization, Diabatic condition, Micro-fin, 3D printed, Flow boiling.

1. INTRODUCTION
Micro-finned tubes are widely used for evaporators and condensers in refrigeration and airconditioning systems. It was found that the micro-fin geometry significantly enhanced the heat
transfer coefficient in round tubes with a minor additional pressure drop penalty. Investigating the
two-phase flow behavior in the micro-finned tube provides some evidences for the mechanism of
heat transfer enhancement. A number of experimental studies concerned with the flow regimes of
two-phase flow in micro-finned tubes have been reported. The most common way is using a sight
glass for visualization at the exit of the tested micro-finned tube such as Fujii et al. (1995), Yu et al.
(2002), Schael and Kind (2005), Chen et al. (2006), Olivier et al. (2007), Rollmann and Spindler
(2015), and Sharar and Bar-Cohen (2016). However, these glass tubes do not have internal microfin geometry. In addition, the flow regime is visualized without heating or cooling, which is near
adiabatic condition. Yang and Hrnjak (2018 a) have earlier presented a new technique to visualize
the two phase flow in clear smooth and micro-finned tubes under diabatic conditions. Compared to
the traditional adiabatic visualization technique, the more realistic evaporative condition is simulated
and the developing evaporation process can be captured. In order to further understand the physics
behind, the objective of this paper is to quantify the bubble parameters and analyze the heat transfer
mechanisms for flow boiling in horizontal smooth and micro-finned tubes through visualization under
diabatic conditions.

2. EXPERIMENTS
In order to understand the heat transfer mechanism in round tubes with different geometries during
flow boiling, a diabatic visualization section with 3D printed micro-finned tubes developed by Yang
and Hrnjak (2018 a) is used. With this technique, the geometry effect of micro-fin on flow is
investigated and the more realistic evaporative condition than the typical adiabatic one is simulated.
As shown in Fig. 1(a) and (b), the visualization section consists of two concentric tubes. The outer
tube is a 10 cm long glass tube, whose inner and outer diameter are 15.75 mm and 19.05 mm,
respectively. The inner tube is a 21 cm clear resin tube with different internal geometries. Refrigerant
flows in the inner resin tube, while the water flows between the inner resin tube and the outer glass
tube. For the refrigerant side, R410A without oil is used and the vapor quality condition is controlled
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through the calorimeter. The secondary fluid, water, is heated by a cartridge heater and injected into
the visualization section via circular manifold. The heat flux for the evaporative tube is provided by
the water flowing through the transparent concentric tubes and is determined with the measurement
of the inlet and outlet water temperature as well as the water mass flow rate. The details of flow
loops and instruments are described in Yang and Hrnjak’s previous work (2018 b & 2019).
The transparent resin tubes with and without internal micro-fin geometry are manufactured by a SLA
3D printer (stereolithography system). The SLA used here provides a beam diameter of 0.075±0.015
mm with a minimum feature size of 0.02 mm in High Resolution (HR) mode. The printed material is
WaterClear Ultra 10122, a type of optically clear resin with ABS-like properties. The 3D printed tubes
reproduce the inner diameter and fin geometry in the aluminum tubes used in the heat transfer test
section, but the wall is thicken for maintaining a factor of safety over the burst pressure. For the 3D
printed smooth tube (Fig. 1(c)), the inner and outer diameter are 6.32 mm and 9.525 mm
respectively. The 3D printed micro-finned tube (Fig. 1(d)) has 58 fins with outer diameter of 9.525
mm and fin-tip diameter of 6.08 mm.
(a)

(c)

Ø6.32

(b)

(d)
Water
Glass tube

Refrigerant

Figure 1: (a) photographic and (b) schematic views of the diabatic visualization section.
Transparent resin tubes (c) without and (d) with internal micro-fins

3. HEAT TRANSFER ANALYSIS THROUGH VISUALIZATION
Fig. 2(a) and (b) show the top view and side view of the two phase flow during the subcooled flow
boiling. The experiment was conducted in the transparent smooth tube at G = 180 kg/m2s, Tsat =
10°C and q=1.92 kW/m2. It is seen that some bubbles are generated from the tube wall and then
detached from the wall. Then, the detached bubbles grow as the flowing liquid and merge with the
nearby bubbles to form a vapor plug at the top center of the tube. The related schematic view for
explanation of mechanisms is demonstrated in Fig 2(c). At the inlet of the visualization section, the
bulk fluid temperature is lower than its saturation temperature. As the wall temperature of the tube
is raised above the saturation temperature and beyond the onset of the boiling, some of the
nucleation sites on the tube wall are activated. Since the mechanism of convection plays an
important role under moderate heat flux condition (incipient boiling or partial boiling region), the bulk
fluid is superheated and causes the detached bubbles to grow. The wall heat flux is transferred to
the refrigerant through the bubble generation, bubble growth, and forced convection. Through the
captured videos, different heat transfer mechanisms during the subcooled flow boiling can be further
analysed and quantified. The details of the parameters quantification and the analysis of different
heat transfer mechanisms are described in the following subsections.
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(a)

(b)

(c)
Tb

Twall
Max. superheat

Tsat
Subcooling

Z

Film evaporation

Flow

Bubble growth due to
superheated liquid

Subcooled liquid

Bubble generation

Forced convection

Wall heat flux
Figure 2: (a) top view, (b)side view, and (c) schematic illustration of the flow boiling at vapor
quality around zero

3.1.

Quantification of the parameters

In order to determine the quantity of the heat transferred from the tube wall to the refrigerant through
evaporation (bubble generation), the parameters such as bubble generation frequency (f), bubble
departure diameter (Dd), and the activated nucleation site density (N) should be quantified. The
bubble generation frequency for a nucleation site was determined by measuring how much time it
takes to generate 50 bubbles. The bubble departure diameter is measured at the moment when the
bubble begin to slide and the diameter is determined by counting the pixels of the bubble boundary
in the photo.
To estimate the activated nucleation site density, it is important know the real area that is accounted
for in the viewing area (captured photo). As demonstrated in Fig. 3, the video of the two-phase flow
is captured from the side of the tube and the video control volume only represents a small part of the
whole tube. Since the object in the video is a curved surface, the projection area (h×w) cannot reflect
viewing area (P×w). In addition, the depth of field, a third dimension of the control volume for in-focus
zone, influences the projected viewing area.
L

h
Di

df

w

Figure 3: Schematic view of the video control volume in the visualized tube
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There are two situations for calculating the viewing area as illustrated in Fig. 4. In the first case, the
depth of field is larger than tr, and the details of the calculation are shown in the following equations,

Aviewing = p  w = Ri  w = 2Ri w sin −1 ( h 2 Ri )

Eq. (1)

In the second case, the depth of field is smaller than tr, and the viewing area is calculated with Eq.
(2)

Aviewing = p f  w = Ri f  w = 2 Ri w cos −1 ( Ri − d f Ri )

Eq. (2)

Case 1: df≥tr

P

P
Ri

Ri
θ

tr

Case 2: df<tr

h

θ

Ri

Ri
θ

df

df

P

h

θ θhf

Ri

Pf

Pf
h

θ θf h

df

df

df

Figure 4: Illustration of viewing area calculation

As the above discussion, the depth of field is needed for calculating the viewing area. Depth of field
is the distance between the two extreme axial points where an image is judged to be in focus, as
illustrated in Fig. 5(a). In other words, the image captured by the camera will be blurry when the
camera is too close to or too far away from the object. In order to estimate the depth of field for the
corresponding lens in our visualization set-up, an in-focus calibration test is performed. As shown in
Fig. 5(b), a known size particle is placed at the center of the tube (visualization section) and the high
speed camera is placed on an adjustable optic platform, which is used to provide the precise
adjustment of horizontal position of the camera. The resolution of position adjustment is 0.1 mm.
The photos captured from far to close (camera position) are analyzed through the image processing
to determine if they are in focus. The images are first converted into pixel values, which describe the
brightness of the pixel. The pixel values ranges from 0 to 255 (i.e., 8-bit), where 0 is a fully black
pixel and 255 is a white pixel. A pixel with grayness is given a pixel value between 0 to 255 and is
proportional to its light intensity. The critical grayscale gradient indicator (GIcritical), proposed by Koh
et al. (2001) is used as the in-focus criterion. The details of the in-focus calculation are described in
Xu and Hrnjak’s work (2017). With the in-focus criterion, the depth of field for the corresponding lens
can be estimated.
(a)

(b)

High speed
camera
Camera

LED panel

Out of focus

In focus

Out of focus

Adjustable optic platform

Close

far

Depth of field

Figure 5: Schematic diagram of (a) image of single particle at different focal distance (b) calibration
test of the depth of field
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3.2.

Total Wall Heat Flux

In the diabatic visualization section, the wall heat flux to the refrigerant is provided by the water
flowing through the transparent concentric tubes. The heat transfer to the refrigerant is based on the
heat transfer from the water minus the heat loss to the ambient. The heat transfer from the water is
estimated through the water temperature difference between the inlet and outlet of the visualization
section times the mass flow rate. The heat loss to the ambient is estimated through a calibration test.
The total wall heat flux is calculated by the following equation,

qw =

3.3.

(Qw − Qamb ) (mC p ) w (Tw ,vis ,i − Tw ,vis ,o ) − Qamb ,vis
=
( Di L)
( Di L)

Eq. (3)

Different Heat Transfer Mechanisms

3.3.1. Nucleate boiling (bubble generation)
The heat flux for bubble generation is computed as the latent heat carried away through the bubbles
departed from the heated wall. The evaporative heat flux is given by
D

qevap = ( f   g  43  ( 2d )3 )h fg  N

Eq. (4)

3.3.2. Convection
The other heat transfer mechanism from the wall to the fluid is through convection (single-phase
heat transfer), which is the other part of the wall heat flux and is estimated by Eq. (5).

qconv = qw − qevap

Eq. (5)

The heat can be further transferred from the liquid to the bubbles or to the liquid vapor interface (ex:
film boiling at the interface of the stratified flow).
1) Bubble growth
Under the heat flux conditions in our experiments (relatively low heat flux), the single phase
convection mechanism plays an important role, and the liquid refrigerant in the visualization is
superheated. The heat coming from the superheated liquid causes the departed bubbles to grow.
The liquid nearby the bubble is evaporated (vapor expansion), and the interfacial heat flux is
calculated through film boiling.

 m fg h fg    v dV 
qbubblegrowth = 
=
 h fg
 A   A dt 

Eq. (6)

The volume change rate is estimated from the dimeter change of the growing bubble in the viewing
area as demonstrated in Fig. 6 (a) and (b). The value of t is the time taken as the diameter changes
from D1 to D9, which is known from the captured high speed video.

dV
dt

V
=
t

4 (( D9 )3 − ( D1 )3 )
3
2
2
t
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(a)

(b)
D1
0.146mm

D2

D3

0.161mm 0.168mm

D4

D5

D6

D7

D8

D9

0.212mm

0.226mm

0.226mm

0.248mm

0.255mm

0.263mm

2.0875 mm

2.1 mm

Figure 6: A growing bubble train in a superheated liquid within the viewing area:(a) schematic and
(b) photographic views

2) Other mechanisms
In addition to the bubble growth, the remaining part of the convective heat flux contributes to the film
evaporation at the liquid-vapor interface and the increase of the liquid temperature.

qconv,other = qconv − qbubblegrowth

Eq. (8)

4. RESULTS AND DISSCUSSION
In the flow boiling, three distinct regions with different mechanisms were found and explained by
Bergles and Rohsenow (1964), as demonstrated with the schematic view in Fig. 7. In the forced
convection region (low wall superheat), the heat transfer is governed by forced convection. In the
incipient boiling region (moderate wall superheat), relatively few nucleation sites are activated and a
proportion of heat from the wall is transferred to the fluid through single-phase process. The heat
transfer is determined by the combined effects of forced convection and surface nucleate boiling. As
the heat flux increases, the activated sites increases and the convection portion decreases. Finally
the effect of forced convection seems to disappear in the fully developed boiling region (high wall
superheat). In our visualization experiment, the provided heat flux condition is limited because of the
tube material. Returning to Fig. 1(a), the 3D printed evaporative tube is made of optically clear resin,
and its thermal conductivity is around 0.21 W m-1 K-1, which is only 0.1% of aluminium. Besides, the
hard resin becomes viscous or rubbery when the water (secondary fluid) temperature is over 40°C.
Then, the resin tube could not hold the high pressure any more. Thus, the heat flux to the refrigerant
is relatively lower than that in normal metal evaporative tube and not enough to reach the fully
developed boiling region. In other words, the captured videos in our work are in the forced convection
region and incipient boiling region.
Forced convection Incipient boiling

Fully developed boiling

Flow

qw

Fully developed
boiling
Incipient
boiling

Forced
convection

Tsat

TONB

TFDB

Tw

Figure 7: Illustration of three regions in flow boiling (Bergles and Rohsenow, 1964)

The flow behavior of R410A during flow boiling at vapor quality near zero in the smooth tube, axial
micro-finned (0° helix angle), and 10° helical micro-finned tubes under diabatic condition was
captured through the high speed camera with a microscope lens, as shown in Fig. 8(a)-(c). Each
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image in Fig. 8 consists of 512×512 pixels, and the corresponding image size is about 6.63 mm×6.63
mm. The heat transfer mechanisms in the different tubes and conditions were analyzed with the
method described in Section 3.3 and summarized in Table 1. It is found that the proportion of the
evaporative heat flux (for bubble generation) depends on the heat flux conditions. The heat is
transferred through forced convection mechanism thoroughly as the heat flux is low. As the heat flux
increases, the proportion of evaporative mechanism becomes important. However, the evaporative
heat flux only accounts for up to 5.67% of the total heat flux in our experiments due to the limit of our
heat flux conditions. In addition, it is found that the axial micro-fins and helical micro-fins do not
influence the proportion of the evaporative heat flux significantly. Take the case of the axial microfins as an example. The heat flux condition (total wall heat flux) is 2.307 kW×m-2, and the heat flux
transferred to the refrigerant through evaporation accounts for 1.72%. The proportion of the
evaporative heat flux is between the second case (1.55%) and the third case (5.67%) in the smooth
tube because the heat flux condition is also in between. As a result, the proportion of the heat transfer
mechanisms mainly depends on heat flux condition. Experiments for the flow boiling will be improved
and more heat flux conditions are needed for further investigation of the mechanisms.
(c)

6.63 mm

6.63 mm

(b)

6.63 mm

(a)

Figure 8: Captured images of flow boiling in (a) smooth, (b) axial micro-finned, (c) and helical
micro-finned tubes
Table 1. Proportion of different heat transfer mechanisms of the total wall heat flux

Geometry
Smooth
Smooth
Smooth
Axial micro-fin
Helical micro-fin

qw
(kW×m-2)
1.450
1.920
2.700
2.307
1.890

qevap
(kW×m-2)
0(0%)
0.0298(1.55%)
0.1532(5.67%)
0.0397(1.72%)
0.0093(0.5%)

qbubblegrowth
(kW×m-2)
0(0%)
0.277(14.43%)
0.449(16.63%)
0.295(12.79%)
0.3119(16.5%)

qconv.other
(kW×m-2)
1.450(100%)
1.655(84.02%)
2.098(77.7%)
1.972(85.49%)
1.569(83.0%)

5. CONCLUSIONS
This paper presents the heat transfer analysis for flow boiling in horizontal smooth and micro-finned
tubes through visualization under diabatic conditions. R410A flow boiling experiments were
conducted in different tube geometries. Parameters of generated bubble such as departure diameter
and frequency are quantified. Details for analyzing different heat transfer mechanisms in the
visualized two-phase flow are described. Two regions of flow boiling are found in the current
experiments. As the superheat is not enough to reach the onset of boiling, the heat transfer is
governed by forced convection. At a higher heat flux, the heat is transfer by the mechanisms of the
forced convection and surface nucleate boiling. Since the limit of the heat flux condition in our
visualization section, the evaporative heat flux only accounts for a small proportion of the total heat
flux.
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NOMENCLATURE
Cp
Dd
Di
f
G
GIcritical
hfg
L
m
N
Q
q
T
x
ζ

specific heat (KJ×kg-1×K-1)
bubble departure diameter (m)
inner diameter (m)
bubble generation frequency (Hz)
mass flux (kg×m-2×s-1)
critical gradient indicator
latent heat (kJ×kg-1)
length of the tube (m)
mass flow rate (kg×s-1)
nucleation site density (sites×m-2)
heat transfer rate (kW)
heat flux (kW×m-2)
Temperature (°C)
Vapor quality (-)
area enhancement ratio due to microfin geometry (-)

ρ

Density (kg×m-1)

Subscript
amb
b
conv
evap
FDB
i
o
ONB
r
vis
w

ambient
bulk
convection
evaporation
fully developed nucleate boiling
inlet
outlet
onset of nucleate boiling
refrigerant
visualization section
wall
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ABSTRACT
This study experimentally investigated the boiling/condensation heat transfer and pressure drop
characteristics of HFO1336mzz(E) and a mixture of HFO1336mzz(E) and HFO1336mzz(Z), inside
a horizontal microfin tube. The test tube was copper, with an outside diameter of 9.52 mm, an
equivalent inner diameter of 8.95 mm, fin heights of 0.12 mm, a helix angle of 16.5°, and 65 fins.
The experiments were conducted under a mass velocity range from 50 to 300 kgm -2s-1 at boiling and
condensation saturated temperatures of 40 °C and 60 °C. The relationship between heat transfer
coefficient/frictional pressure drop and vapor quality in boiling and condensation processes were
clarified. The boiling/condensation heat transfer coefficient of HFO1336mzz(E) was lower than that
of R245fa, however the pressure drop of HFO1336mzz(E) was lower than that of R245fa.
Keywords: Boiling, Condensation, Zeotropic mixtures, Heat Transfer, HFO, Pressure Drop, R245fa

1. INTRODUCTION
As part of efforts to combat global warming, significant research has been directed towards heat
pump systems that generate hot water and high-temperature steam, and binary organic Rankine
cycle (ORC) generators that utilize a low-temperature heat source discharged from factories. In
recent years, R245fa, which has a high critical temperature and a low working pressure, has been
commercially used as working fluid for both high-temperature heat pump systems and binary
generators. However, when used as a hydrofluorocarbon (HFC) refrigerant, it has a high global
warming potential (GWP). To comply with the Kigali Amendment of the Montreal Protocol, therefore,
HFO1336mzz(E) and HFO1336mzz(Z) are attracting attention as drop-in refrigerant replacements
for R245fa; they have low GWP and are non-flammable. Juhasz (2017) reported the fluid
characteristics, thermal stability, metal compatibility, material compatibility, and cycle performance
of HFC1336mzz(E), and evaluated the coefficient of performance (COP) of heat pump systems using
HFO1336mzz(E), HFO1336mzz(Z), R245fa, and others. They concluded that R1336mzz(E) could
be a viable working fluid in waste heat recovery applications, such as high temperature heat pumps
and low temperature ORC applications.
Though necessary to design the heat exchangers for heat pump systems, research to clarify the
boiling/condensation heat transfer and pressure drop characteristics of HFO1336mzz(E) and
HFO1336mzz(Z) is limited. Moreover, mixtures of HFO1336mzz(E) and HFO1336mzz(Z) could also
replace R245fa, because the operation pressure of HFO1336mzz(E) is higher than that of R245fa,
whereas that of HFO1336mzz(Z) is lower than R245fa; when combined they could have the same
pressure level as R245fa. However, to date there has been no research into the boiling/condensation
heat transfer and pressure drop characteristics of such a mixture.
This study experimentally investigated the boiling/condensation heat transfer and pressure drop
characteristics of pure refrigerants HFO1336mzz(E) and HFO1336mzz(Z), and a
HFO1336mzz(E)/HFO1336mzz(Z) mixture, inside a horizontal microfin tube with an outer diameter
of 9.5 mm. The boiling/condensation heat transfer coefficient and pressure drop of pure refrigerants
and those mixtures were compared under mass velocities of 50–300 kgm -2s-1, and the relationship
between the heat transfer coefficient and the frictional pressure drop in boiling and condensation
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(1)
(2)
(3)
(4)
(5)
(6)
(7)

Gear pump
Coriolis-type mass flow meter
Water preheater
Electric preheater
Test section
After-cooler
Receiver tank

Figure 1: Schematic diagram of the test loop

(1)
(2)
(3)
(4)
(5)
(6)

Test tube
Sheathed K-type thermocouple
T-type thermocouple
Absolute pressure transducer
Differential pressure transducer
Pt-resistance thermometer

Figure 2: Detail of the test section

processes were clarified. Moreover, the heat transfer coefficient and frictional pressure drop of
HFO1336mzz(E) and the mixture were compared with those of pure R245fa.

2. EXPERIMENTAL APPARATUS AND PROCEDURE
Figure 1 shows a schematic view of the experimental apparatus used for the study. The refrigerant
loop consists of a gear pump (1), a Coriolis-type mass flow meter (2), a water preheater (3), an
electric preheater (4), a test section (concluding three subsections) (5), a cooler (6), and a receiver
tank (7).
A subcooled refrigerant that was pumped from the gear pump was adjusted to a predetermined
vapor quality at the counter-flow-type water preheater and electric preheater, after which it flowed
into the test section. The refrigerant mass flow rate is controlled by the rotational speed of the pump
and the flow-regulating valves of the main and bypass loops. The aftercooler was supplied with
cooling or heating water to adjust the refrigerant pressure primarily. The flow rate of the test
refrigerant was measured using the Coriolis-type mass flow meter.
Figure 2 shows the details of the test section. The test section was a two-meter-long counter-flowtype double-pipe heat exchanger. In this section, the refrigerant flowed through the inner test tube,
whilst the heat source water flowed through the outer annulus tube, which surrounds the inner tube.
The test tube consisted of three subsections with total and effective heating lengths of 600 mm and
557 mm, respectively. The bulk temperatures of the refrigerant at the inlet and outlet of the test
section were measured by sheathed K-type thermocouples with a measurement accuracy of ±0.05
K. The outer tube wall temperature was measured using T-type thermocouples that was attached to
the top, bottom and sides of the exterior wall at the test tube center. The heat source water
temperature was measured by Pt-resistance thermometers that were inserted in the mixing
chambers at the inlet and outlet of each subsection. An absolute pressure transducer with an
accuracy of ±0.75 kPa measured the refrigerant pressure at the inlet of the test section. Two
differential pressure transducers measured the pressure drop between the inlet and outlet of each
subsection. The test section and electric preheater were encased with insulation.
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Outer diameter
Maximum inside diameter
Equivalent diameter
Fin height
Number of fins
Helix angle
Surface area enlargement
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[mm]
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N
θ
η
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8.95
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Table 1. Specifications of the test tube.
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Phase equilibria of R1336mzz(E) & (Z) at 60°C
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Figure 3: Temperature glide of
R1336mzz(E)/(Z) refrigerant mixture
with mass fraction

Table 2. The typical thermophysical and transport properties of refrigerants at saturation
temperature of 60 °C

Refrigerant
Pressure
Temperature glide
Latent heat
Vapor
Density
Liquid
Vapor
Viscosity
Liquid
Vapor
Thermal
conductivity
Liquid
Vapor
Specific heat
Liquid
Surface tension

kPa
K
kJ/kg
kg/m

3

μPa s
mW/(m K)
kJ/(kg K)
mN/m

R245fa

R1336mzz(E)

462.46
0.0
169.12
25.45
1236.9
11.68
256.94
15.77
76.87
0.906
0.982
9.24

570.03
0.0
126.42
39.65
1351.4
16.08
200.01
18.00
61.19
0.855
1.244
6.87

(E) / (Z)
/R1336mzz(
70 / 30
453.72
4.1
132.91
28.91
1315.2
14.69
206.73
16.60
61.39
0.892
1.243
8.11

R1336mzz(Z)
244.67
0.0
151.33
16.02
1268.4
11.37
245.10
14.12
65.05
0.976
1.296
11.08

The test tube was a horizontal microfin copper tube with an outer diameter of 9.5 mm. The Low finheight tube (LF) had an equivalent diameter of 8.9 mm, a fin height of 0.12 mm, and had 65 fins.
The details of the test tube are shown in Table 1.
The test refrigerants were R1336mzz(E), and a mixture of R1336mzz(E) and (Z) (herein referred to
as the “E/Z mixture.” The heat transfer coefficient was measured across a mass velocity range of
50–300 kgm -2s-1, at saturation temperatures of 40 °C and 60 °C. The typical thermophysical and
transport properties of refrigerants at a saturation temperature of 60 °C, and the variation of the
temperature glide, are shown in Table 2 and Figure 3. The thermophysical and transport properties
of the refrigerants and the heat source water were calculated using Refprop ver.10 (Lemmon, 2018);
the R1336mzz(E) fluid file was provided by the Chemours Company.

3. DATA REDUCTION
The heat transfer rate Qs in a subsection is given by

Qs = Ws  c ps  Ts

Eq. (1)

where Ws and cps are the mass flow rate and specific heat capacity of the heat source water, and
ΔTs is the temperature difference between the inlet and outlet of the heat source water at each
subsection.
The boiling and condensation heat transfer coefficient α for each subsection is defined by

 = q ( Twi Tr )
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where, q is the heat flux based on the actual heat transfer area for each subsection is given by

q = Qs (  di 

)

Eq. (3)

Tr is the refrigerant temperature, which is calculated from the inlet and outlet temperature at test
section by Interpolation for each subsection, and the Twi is the inner wall temperature which is
calculated by Fourier’s law from measured outer wall temperature Two:

Twi = Two Qs ( 2    ) ln ( do di )

Eq. (4)

where λ is the thermal conductivity of the tube wall, ℓ is the effective heating length, do and di are
respectively the outer and inner diameters of the test tubes.
where Tr is the refrigerant temperature, which is calculated from the saturation pressure.
The frictional pressure drop ΔPF is given by

PF = Pmes

PM

Eq. (5)

where ΔPmes is the measured differential pressure in each subsection, and ΔPM is the acceleration
pressure drop calculated using the following equation:





PM =  G 2 x 2 ( V ) + G 2 (1 − x ) (1 −  )  L 
2

Eq. (6)

where G is the mass velocity, x is the vapor quality, ρV and ρL are respectively the vapor and liquid
density, and ξ is the void fraction, which was calculated using Smith’s correlation (Smith, 1969) for
a smooth tube:
−1



L
1 − x 
+ 0.4



V
x 
 V  1 − x  
Smith = 1 +

 0.4 + 0.6
1 − x 
  L  x  
1 + 0.4

x





for a microfin tube, ξ was calculated using Koyama’s correlation (Koyama, 2001):

Koyama = 0.81Smith + 0.19x100( 

V

0.8

L )

Homo

Homo = 1/ 1 + (1 − x ) / x  ( V / L )

Eq. (7)

Eq. (8)
Eq. (9)

4. RESULTS AND DISCUSSION
4.1.

Characteristics of R1336mzz(E)

4.1.1. Boiling/Condensation Heat Transfer Coefficients
Figure 4 shows the boiling and condensation heat transfer coefficients of R1336mzz(E) at refrigerant
saturated temperatures of 40 °C and 60 °C, with mass velocities from 50 to 300 kg/(m2s). The boiling
heat transfer coefficient increased with increasing mass velocity, for mass velocities from 50 to 200
kg/(m 2s). In the case of mass velocities of 200-300 kg/(m 2s), however, there is no large difference in
the forced convection effect, because the flow pattern is annular at mass velocities of >200 kg/(m2s).
The condensation heat transfer coefficient at mass velocities of 50-300 kg/(m 2s) showed only a small
difference due to the forced convection effect.
4.1.2. Pressure Drops
Figure 5 shows the frictional pressure drops of R1336mzz(E) during the boiling and condensation
processes. The pressure drop increased with increasing vapor quality during boiling, whereas it
decreased with increasing wetness during condensation. As mass velocity increased, the ratio of
pressure drop increased.
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Figure 4: Boiling / Condensation heat transfer coefficients of R1336mzz(E)
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Figure 5: Pressure Drops of R1336mzz(E)

4.2.

Characteristics of the 70/30 mass% mixture of R1336mzz(E) and (Z)

4.2.1. Boiling/Condensation Heat Transfer Coefficients
Figure 6 shows the boiling and condensation heat transfer coefficients of the E/Z mixture, at
refrigerant saturated temperatures of 40 °C and 60 °C, and with a mass velocity range of 50 to 300
kg/(m 2s). The boiling heat transfer increased with increasing mass velocity for all vapor qualities, due
to the forced convection effect. The condensation heat transfer coefficient also increased, due to
both the forced convection effect and the reduction in thermal resistance caused by diffusion of the
liquid film, which occurred due to the increase in mass velocity for the E/Z mixture refrigerant.
4.2.2. Pressure Drops
Figure 7 shows the frictional pressure drop of the E/Z mixture during the boiling and condensation
processes. Similarly to pure refrigerant R1336mzz(E), the pressure drop increased with increasing
vapor quality during boiling, and the pressure drop decreased with increasing wetness during
condensation. The ratio of the pressure drop also increased with increasing mass velocity.
4.3.

Comparison with R245fa

4.3.1. Boiling and Condensation Heat Transfer Coefficients
Figures 8 and 9 compare the boiling and condensation heat transfer coefficients between
R1336mzz(E), the E/Z mixture, and R245fa, for mass velocities of 100 kg/(m 2s) and 200 kg/(m 2s)
and at saturation temperatures of 40 °C and 60 °C. The boiling heat transfer coefficient of
R1336mzz(E) were 0.43-0.73 times smaller than those of R245fa, across the mass velocity range.
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Figure 6: Boiling / Condensation heat transfer coefficients of the mixture 70/30 mass% of
R1336mzz(E) and (Z)
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Figure 7: Pressure Drops of the mixture 70/30 mass% of R1336mzz(E) and (Z)

The condensation heat transfer coefficient of R1336mzz(E) were 0.61-0.79 times smaller than those
of R245fa. It should be noted that the vapor density of R1336mzz(E) is about 1.6 time larger than
that of R245fa. Therefore, the influence of forced convection becomes small. One further factor is
the fact that the liquid thermal conductivity of R 1336mmz(E) is about 0.8 times smaller than that of
R245fa. The boiling and condensation heat transfer coefficients of the E/Z mixture is smaller than
those of R1336mzz(E) because the E/Z mixture has a temperature glide, meaning that the heat
transfer performance did not improve.
4.3.2. Pressure Drops of Boiling and Condensation processes
Figures 10 and 11 compare the frictional pressure drop of R1336mzz(E), the E/Z mixture, and
R245fa, for mass velocities of 100 and 200 kg/(m 2s) during boiling and condensation processes. The
pressure drops of R1336mzz(E) are lower than those of R245fa and the E/Z mixture, and the
pressure drops of the E/Z mixture are lower than those of R245fa. This meant that the vapor density
of R1336mzz(Z) was about 0.4 times smaller than that of R1336mzz (E), and the vapor velocity
increased. In addition, one further factor is the fact that the liquid viscosity of R1336mmz(Z) is about
1.2 times larger than that of R1336mmz(E).

5. CONCLUSIONS
In this study, the boiling and condensation heat transfer coefficients and frictional pressure drop of
R1336mzz(E), a R1336mzz(E)/(Z) mixture, and R245fa tube were experimentally investigated. The
experimental results were obtained as followed:
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Figure 8: Comparison of boiling heat transfer coefficients between R1336mzz(E) / the E/Z mixtures
and R245fa

 [kW/(m2K)]

8

LF, Tsat = 60 °C
G = 100 kg/(m 2 s)

R245fa
R1336mzz(E)
70/30 mass%

6
4
2
0
0

0.2

0.4
0.6
1-x [-]

0.8

10

LF, Tsat = 60 °C

2
8 G = 200 kg/(m s)

 [kW/(m2K)]

10

1

R245fa
R1336mzz(E)
70/30 mass%

6
4
2
0
0

0.2

0.4
0.6
1-x [-]

0.8

1

Figure 9: Comparison of condensation heat transfer coefficients between R1336mzz(E) / the E/Z
mixtures and R245fa

(1) The boiling and condensation heat transfer coefficients of R1336mzz(E) and the E/Z mixture,
which are the next generation low GWP refrigerants, were related to vapor quality and mass
velocity.
(2) The frictional pressure drops of R1336mzz(E) and the E/Z mixture were shown to be related to
vapor quality and mass velocity.
(3) The boiling/condensation heat transfer coefficients of HFO1336mzz(E) are lower than R245fa,
however the pressure drops of HFO1336mzz(E) are lower than R245fa.
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NOMENCLATURE
cp
d
G
ℓ
q
Q
T
W

specific heat capacity, J/(kgK)
tube diameter, m
mass velocity, kg/(m2s)
effective heating length, m
heat flux, W/m 2
heat transfer rate, W
temperature, K
mass flow rate, kg/s

Subscripts
bub
bubble point
cal
calculation
dew dew point
exp
experiment
F
frictional
i
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L
liquid
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Figure 10: Comparison of pressure drops of boiling process between R1336mzz(E) / the mixtures
and R245fa
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Figure 11: Comparison of pressure drops of condensation process between R1336mzz(E) / the
mixtures and R245fa
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ABSTRACT
The present study experimentally investigated falling film evaporation heat transfer characteristics
of ammonia on horizontal stainless smooth tubes. Test tubes with diameters of 60.5mm and 42.7mm
respectively and an effective heat transfer length of 300mm ware tested. Experiments were
conducted using the ammonia as the refrigerant at a saturation temperature of -5 °C, heat flux range
of 3 to 20 kWm -2 and film Reynolds number of 100 to 500. Falling film evaporation heat transfer
coefficients increased with increasing heat flux and decreased with increasing film Reynolds
numbers. Measured heat transfer coefficients were 4 times higher than values calculated by pool
boiling heat transfer equations when heat flux was 10 kWm -2. Measured heat transfer coefficients
were compared with predicted values calculated by previous correlations and found to be lower than
the predicted ones.
Keywords: Ammonia, Evaporator, Falling Film, Heat Transfer Coefficient.

1. INTRODUCTION
Global environmental issues require many countries to reduce greenhouse gases among their
approaches. In the industrial sector, high-efficiencies and energy-saving technologies are urgently
required. For reduction of the environmental load, natural refrigerants are attracting attention as
refrigerants for use in refrigeration systems. Ammonia, one of the natural refrigerants, has been
widely used in refrigeration systems for a long time. Shell-and-tube falling film evaporators are one
of the heat exchangers mainly used for OTEC and refrigeration systems. Falling film evaporators
have attracted attention because they have higher evaporation heat transfer coefficients and much
less refrigerant charge than flooded evaporators.
Fernández-Seara et al. (2016) carried out experiments on spray evaporation and pool boiling heat
transfer of ammonia on plane titanium pipe and compared both processes. Zhao et al. (2016) carried
out experiments on falling film evaporation heat transfer of R134a on a single horizontal smooth tube
and investigated the effect of the tube diameter, saturation temperature, film flow rate and heat flux.
However, in all these studies, data on heat transfer characteristics of ammonia is insufficient and
there are few detail studies on falling film heat transfer. The present study experimentally
investigated falling film evaporation heat transfer characteristics of ammonia on horizontal smooth
stainless tubes. Test tubes with diameters of 60.5mm and 42.7mm and an effective heat transfer
length of 300mm were tested. Measured heat transfer coefficients are compared with predicted
values calculated by previous correlations.

2. EXPERIMENTAL APPARATUS AND PROCEDURE
Fig. 1 shows the schematic diagram of the experimental apparatus. The experimental apparatus is
a pump loop where liquid refrigerant is circulated. It mainly comprises of an evaporator (test section),
a condenser, a receiver, a sub-cooler, and a refrigerant pump. Brine is use in the condenser and
sub-cooler as the heat sink. The condenser adjusts temperature and pressure in the test section
while the sub-cooler adjusts temperature in the test loop. Liquid refrigerant in the receiver is subcooled by the sub-cooler before it is pumped to the test section by the refrigerant pump. The liquid
refrigerant flow rate is adjusted by control valves in the main and by-pass loops and measured by a
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volumetric flow meter. The evaporated refrigerant in the test section flows to the condenser where it
is condensed and returns to the receiver while the falling liquid refrigerant in the test section returns
from the bottom of the test section to the receiver.
Figure 2 shows details of the test section. The test section consists of a pressure vessel, a refrigerant
liquid distributor, a dummy tube and two heat transfer tubes in line row arrangement. All materials
are made of stainless steel because ammonia is used as the refrigerant. Sight glasses are provided
on the outside surface of the pressure vessel in parallel with the heat transfer and dummy tubes.
The liquid distributor supplies the liquid refrigerant to the dummy tube and a liquid film forms on the
tube surface of the dummy tube. The refrigerant liquid is then supplied to the upper heat transfer
tube (No.1) and to the lower heat transfer tube (No.2). Cartridge heaters are inserted in both tubes
No.1 and No.2 and an alloy is melted in between the heat transfer tubes and the cartridge heaters
in order to generate uniform the heat flux on the tube surface. Heat flux in the test heat transfer tubes
is predetermined by adjusting the heating load in the cartridge heater and the heat generated is
exchanged with the liquid film on the tube surface. T-type thermocouples are attached to the inner
walls of the test heat transfer tubes at the top, sides and bottom in the circumferential direction of
the tubes, and the tube wall temperature at the central part of the heat transfer tube is measured. In
order to eliminate the influence of sub cooling and liquid film thickness on heat transfer due to liquid
distribution, wall temperatures of tube No.2 were measured. Two heat transfer tubes with different
outside tube diameters of 42.7 mm and 60.5 mm were used in this experiment. Both heat transfer
tubes are smooth surface, and the surface of the tubes was cleaned by acid pickling. The tests tubes
are separated by a distance 1.65 times of the ratio between the central axis of the heat transfer tubes
to the tube outside diameters P/D.
Falling film evaporation heat transfer experiments were conducted using ammonia as the test fluid
at a saturation temperature of -5 °C, film flow rate range of Re f 100 - 500, and heat flux range of 3 25 kWm -2. Falling film heat transfer coefficients were measured and liquid film flows were observed
in all the experiment ranges.

3. DATA REDUCTION
The surface temperature of the outside tube wall 𝑇o_wall is defined as follows:
𝑇in_wall = (𝑇in_wall_t + 𝑇in_wall_b + 𝑇in_wall_l +𝑇in_wall_r )/4

Eq. (1)

𝑇o_wall = 𝑇in_wall − 𝑄(1⁄𝜆sus ) ln(𝐷o ⁄𝐷in )⁄2𝜋𝑙

Eq. (2)

P
T, P
T-type thermocouple
and
Pressure transducer

Test
section

Condenser

Flow control valve
F Flow meter

By-pass

Pump

Liquid
receiver

Sub-cooler

Figure 1: Schematic diagram of experimental apparatus
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Figure 2: Detail of test section

where 𝑇in_wall is the temperature of the inside tube wall. 𝑄 is the heat transfer rate, 𝜆SUS is the
thermal conductivity of the stainless tube. 𝐷o and 𝐷in is the tube outside and inside diameter.
The heat transfer coefficient 𝛼 (HTC) is defined as follows:
𝛼 = 𝑞/ (𝑇o_wall − 𝑇sat )

Eq. (3)

where 𝑞 is the heat flux, 𝑇sat is the saturation temperature of the refrigerant is determined form the
measured pressure in the test section.
The Nusselt number Nu and the film Reynolds number Ref are defined as follows:
Nu = 𝛼(𝜈L 2 ⁄𝑔)1/3 / 𝜆L

Eq. (4)

Ref = 4𝛤/𝜇L = 4𝑚/(2𝑙𝜇L )

Eq. (5)

where 𝜈L , 𝜇L , and 𝜆L are the kinematic viscosity, viscosity, and thermal conductivity of the saturation
liquid, 𝑔 is the gravitational acceleration, 𝑙 is the effective heat transfer length, and 𝑚 is the
refrigerant mass flow rate.

4. RESULTS AND DISCUSSION
4.1.

Flow Characteristics of Falling Film Evaporation

Fig. 3 shows the flow characteristics of falling film evaporation of ammonia observed. They were
taken from the heat transfer tube No.2 for both outside diameters of 42.7 mm and 60.5 mm by a
digital high speed camera. The photographs were taken at a saturation temperature of -5 °C, heat
flux of 10kw m -2 and film Reynolds number of 100 to 500. Typical flow patterns of falling film are
classified into three types: Droplet, Column, and Sheet mode. The Droplet mode was observed when
the film flow rate was small. Falling liquid film around the tube combine at the tube bottom as the
flow rate increases the droplet mode shifts to column and finally to the Sheet mode. In the range of
this experiment, only Droplet mode was observed regardless of the outside tube diameter and dry
patches were not observed on the surface of the tubes. Bubble nucleation did not occur at the top
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Ref=100 Do=42.7mm

Ref=300 Do=42.7mm

Ref=500 Do=42.7mm

Ref=100 Do=60.5mm

Ref=300 Do=60.5mm

Ref=500 Do=60.5mm

Figure 3: Flow characteristics of the test tubes. (q = 10 kW.m-2)

and sides of the tubes. However, bubble nucleation was slightly observed in the liquid film at the
bottom of the tubes and increased as the heat flux increased. This is because the falling liquid film
around the tube combine at the bottom and the liquid film is thickest at the bottom. As it can be seen
in figure 3, droplets falling from the bottom of the tubes increased in frequency as film flow rate Ref
increased. When the film flow rate is more than 400, more falling liquid film combines at the tube
bottom, and droplets are larger.
4.2.

Pool Boiling Heat Transfer

The same experimental apparatus was also used for pool boiling heat transfer tests. During pool
boiling tests the valve below the test section connecting to the receiver was closed. Condensed
refrigerant collected in the receiver was pumped by the refrigerant pump to the test section and the
liquid level in the test section was held so that heat transfer tube No.2 was sufficiently immersed.
Fig. 4 shows measured pool boiling heat transfer coefficients versus heat flux at a saturation
temperature of -5 °C for heat transfer tube No.2 with an outside diameter of 60.5 mm. For
comparison, lines in the figure show boiling heat transfer coefficients calculated by correlations of
Jung et al. (2003) and Stephan-Abdelsalam (1980).
As shown in the figure, boiling heat transfer coefficients increase as the heat flux increases.
Measured heat transfer coefficients are higher than values of Stephan-Abdelsalam correlation and
are about 2.5 times higher in the heat flux range of 10 kWm -2 to 20 kWm -2. For the same heat flux of
10 kWm -2 to 20 kWm -2, measured heat transfer coefficients compare well with the values of the Jung
et al. correlation. However, for heat flux of 3 kWm -2 to 5 kWm -2, measured values are higher than
Jung et al. correlation. This is presumed to be affected by the convection of the refrigerant liquid. It
can be noted from the figure that the Jung et al. correlation shows closer agreement with the
experimental values than the Stephan-Abdelsalam correlation.
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Figure 5: Relation between falling film heat transfer coefficient and film Reynolds number

4.3.

Falling Film Evaporation Heat Transfer

Fig. 5 shows falling film heat transfer coefficients versus film Reynolds number for both tubes of
outside diameter 42.7 mm and 60.5 mm respectively. For film Reynolds Numbers less than 400,
falling film heat transfer coefficients decrease as the film Reynolds number increases. It is
considered that the liquid film flow is presumed to be in laminar region, the heat transfer coefficients
decrease as the liquid film becomes thick. For film Reynolds Numbers larger than 400, heat transfer
coefficients approach constant values independent of the film Reynolds number. It is considered
that the liquid film flow is presumed to be in transition region, it does not significantly affect the heat
transfer coefficients as the liquid film becomes thick. It can be note from the figure that heat transfer
coefficients of a tube with an outside diameter of 42.7 mm are 20% higher than that of a 60.5 mm
tube. Stagnation, impingement flow and thermal developing regions have higher heat transfer
coefficients than a fully developed region. It is considered a tube with a smaller diameter has a larger
surface area ratio thus high heat transfer coefficients.
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4.4.

Comparison between Measured and Predicted Values

Fig. 6 shows the Nusselt number versus the film Reynolds number for both tubes with heat flux of
10kWm -2. For comparison, experimental values of Conti (1978), predicted values of falling film heat
transfer coefficient from correlations of Fujita and Tsutsui (1994) and Jige et al. (2018) are also
shown. Conti’s data is for falling film heat transfer coefficient of ammonia at a saturation temperature
Tsat = 22 °C using stainless heat transfer steel tubes with outside diameters of 50 mm. The
correlation of Fujita and Tsutsui is for falling film heat transfer coefficient of a single heat transfer
tube with outside diameters of 25 mm using R11 as the refrigerant. The correlation of Jige et al. is
for falling film heat transfer coefficient of single heat transfer tube using R1234ze(E) as the refrigerant
and the correlation was adapted to ammonia data of Conti. For film Reynolds number Ref = 100 to
200, measured experimental values are lower than the values of Conti by about 30% and for film
Reynolds numbers larger than Ref = 300 measured heat transfer coefficients slightly lower. Fujita
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and Tsutsui predicted values are 35% higher than the experimental values at Ref = 100, and more
than 40% at Ref = 500. The Jige et al. predicted values are relatively close to the measured Nusselt
numbers however, they are 20% higher regardless of the film Reynolds number.
Fig. 7 shows heat flux versus falling film heat transfer coefficients for both tubes of outside diameter
of 42.7 mm and 60.5 mm. (a) and (B) show heat transfer coefficient versus heat flux at Re f = 200
and Ref = 400.These figures show that measured falling film heat transfer coefficients are higher
than pool boiling heat transfer coefficients of the correlation of Jung et al. These also shows that
measured values are lower than the predicted values of Jige et al. Fig. 7 (a) shows that experimental
values of the tube with an outside diameter of 42.7 mm are lower than the experiment value of Conti.
The experimental values gradually approaches the values predicted by Jige et al. correlation as the
heat flux increases. Values predicted by Jige et al. correlation are about 15% higher than
experimental values of the tube with outside diameter of 42.7 mm and are about 25% higher than
those of the tube with outside diameter of 60.5 mm. A comparison of measured heat transfer
coefficients of both tubes shows that values of the 42.7 mm tube are about 15% higher than those
of the 60.5 mm tube. Fig. 7 (b) shows that experimental values of the tube with an outside diameter
of 42.7 mm are in close agreement with those of Conti. Values predicted by Jige et al. correlation
are 10% higher than experimental values of the tube with outside diameter of 42.7 mm and are 25%
higher than those of the tube with outside diameter of 60.5 mm. A comparison of measured heat
transfer coefficients of both tubes shows that values of the 42.7 mm tube are about 20% higher than
those of the 60.5 mm tube.
From these results, necessary to include outside tube diameter as a parameter in order to derive a
precise correlation for falling film heat transfer coefficient.

5. CONCLUSIONS
Experiments on falling film and pool boiling heat transfer were carried out using ammonia as the
refrigerant and tubes with outside diameters of 60.5 mm and 42.7 mm respectively.
The conclusions reached with respect to flow observation, pool boiling and falling film heat transfer
are summarized as follows:
(1) The Droplet mode was the only flow pattern observed during observations of the flow
characteristics and no dry patches were observed on the surface of the tubes in the flow range of
this experiment.
(2) Measured boiling heat transfer coefficients are more in close agreement with the Jung et al.
correlation than that of Stephan-Abdelsalam.
(3) For film Reynolds Numbers less than 400, falling film heat transfer coefficients decrease as the
film Reynolds number increases, the film flow in this range is presumed to be laminar. For film
Reynolds Numbers larger than 400, heat transfer coefficients approach constant values independent
of the film Reynolds number, the liquid film flow is presumed to be in transition region.
(4) Heat transfer coefficients measured in this experiment are lower than those of Conti. Predicted
values from Fujita and Tsutsui correlation are 35% higher while the Jige et al values are close to the
experimental values. The Jige et al values are about 20% higher than the experiment values
regardless of the film Reynolds number.
(5) Heat transfer coefficients of a tube with an outside diameter of 42.7 mm are 20% higher than that
of a 60.5 mm tube. It is necessary to include outside tube diameter as a parameter in order to derive
a precise correlation for falling film heat transfer coefficient.

NOMENCLATURE
𝐷
Tube diameter (m)
𝑙
Effective heat transfer length (m)
Nu
Nusselt number (-)
𝑞
Heat flux (Wm −2)
𝑇
Temperature (°C)
Greek
α
Heat transfer coefficient (Wm −2K−1)
𝜈
Kinematic viscosity (m 2s−1)
Subscript
b
Bottom

𝑔
𝑚
𝑄
Ref

Gravitational acceleration (ms-2)
Mass flow rate (kgs-1)
Heat transfer rate (W)
Film Reynolds number (-)

𝜆
𝜇

Thermal conductivity (Wm −1K−1)
Viscosity (kgm −1s−1)

in

Inside
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ABSTRACT
Steam condensation heat transfer coefficient (HTC) in a large, flattened tube with variable heat flux,
wall temperature and inclination angle is determined experimentally. The condenser tube is that used
in air-cooled condensers for power plants. The steel tube has an elongated-slot cross section with
inner dimensions of 216 x 16 mm. Vapor and liquid flow concurrently through a 5.7 m long air-cooled
conditioning section, and HTC is determined in a 0.12 m long water-cooled test section.. Tube
inclination angle is varied from 0 – 25o downwards. The long conditioning section creates conditions
in the test section that mimic the conditions in an operating condenser – allowing for realistic
development of flow regime and void fraction. HTC is then determined in the water-cooled section.
Quality in this section ranges from 0 – 0.75. A visualization section allows determination of flow
regime and void fraction. The flow is found to be stratified for all conditions. HTC is found to increase
by 6-10 times along the condenser height.

1. INTRODUCTION
Large, flattened-tube steam condensers are commonly found in air-cooled condensers (ACC) for
power-plants (Kröger, 2004). It has been previously shown that the flow regime in this type of
condenser tube with large diameter and high aspect ratio is predominantly stratified (Kang et al.,
2017). In addition, it has been shown that the condensation heat transfer coefficient (HTC) can vary
over two orders of magnitude in one tube cross section (Abadi et al., 2019; William A Davies III et
al., 2019). In addition, HTC has been shown to be affected by parameters such as inclination and
condensation temperature (Davies III & Hrnjak, 2019 (In press); William A. Davies III et al., 2019). In
order to provide further insight into the condenser physics, and to aid in the improvement of the
condenser design, this paper presents experimental results for local condensation heat transfer
coefficient under the realistic conditions of varying heat flux and wall temperature in this high-aspectratio large-diameter condenser tube.
In-tube convective condensation has been well studied (Cavallini et al., 2003; Dalkilic & Wongwises,
2009; Liebenberg & Meyer, 2008) in varying tube geometries and conditions, and several
correlations for HTC are in wide use. However, the majority of the investigations of HTC have
focused on small tubes and refrigerants. Several aspects of the ACC make it difficult to apply
previous correlations with reasonable certainty. The ACC tubes are inclined, with large diameter and
an elongated-slot cross-section, with HTC, heat flux, and temperatures varying circumferentially
around the tube.
The correlations for condensation have generally agreed on the existence of two regimes of
condensation: the gravity-driven regime and the shear-driven regime (Dobson & Chato, 1998). Only
the gravity-driven regime has been found in this experiment. The gravity-driven regime occurs during
low mass flux, and includes stratified and stratified-wavy flow. In this regime, the predominant heat
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transfer mechanism is through the liquid film along the walls, and the HTC depends on ΔT between
the vapor and wall, but not on Reynolds number of the flow. The correlations for this regime are all
based on the theory of Nusselt (1916) for condensation on a flat plate under natural convection and
require knowledge of ΔT. Therefore, they are difficult to apply in an engineering situation with nonlinear variation in wall temperature and heat flux, where ΔT is unknown. The one exception is the
correlation of Kröger (2004), which is purely analytical and provides no supporting data.
This study determines condensation HTC for a large-diameter, flattened-tube steam condenser while
maintaining the non-uniform temperature and heat flux conditions in an operating condenser. The
ultimate goal is to develop a correlation that can be applied to an ACC with ΔT varying and unknown.

2. FACILITY
2.1 Overview
The facility used in this study is similar to that used in (Davies III & Hrnjak, 2019 (In press)), although
with several modifications. A schematic of the experimental setup is presented in Figure 1. The setup
contains two consecutive test sections: an air-cooled condenser tube of 5.7 m length, and a watercooled condenser tube of 0.12 m length. Steam is generated by two boilers (24 kW and 45 kW), from
where it passes through a pre-heater into the air-cooled test section. At the outlet of the air-cooled
section, the collected steam and condensate flow directly into the water-cooled test section. These
tubes are connected directly via flange in order to assure that no disruption is made to the flow
regime. After these two test sections, the collected condensate passes through a Micromotion
CMF025 coriolis mass flow meter and into a condensate receiver for return to the boilers. The
remaining steam passes to a secondary condenser, where it is condensed completely. This
secondary condensate is pumped back into the boilers via a CMF010 coriolis mass flow meter.
Inlet
Heater Gate Valve

Condensate
Drain

Secondary
Condenser

Ejector
Water
Tank

Boiler 2
Q = 45 kW

Water
Tank

Pump
Mass
Flowmeter

Boiler 1
Q = 24 kW
Condensate Pump

Condensate
Receiver

Ejector

Condensate
Trap

Pump

Condensate
Receiver

Figure 1: Diagram of condenser test facility

2.2 Test Tube
The condenser tube in this experiment is 0.216 m in inner height and 0.016 m in inner width, as seen
in Figure 2. The tube is steel with aluminum cladding on the outside, and the wavy fins are aluminum.
The fins are 200 mm x 19 mm, with a thickness of 0.25 mm. The tube is installed in an air duct, with
crossflowing air pulled upwards through the fins. The water-cooled tube has the same geometry, but
the fins are not present.
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b)

a)

Figure 2: Condenser tube cross-section views: a)
air-cooled tube; b) water-cooled tube (no fins)

2.3 Air-Cooled Test Section
Air-side capacity is determined in the air-cooled test section, along with steam temperature and
pressure. Air inlet and outlet temperatures are measured at 0.5 m intervals along the test tube with
T-type thermocouples. Temperature of the stratified condensate layer is also measured at Z = 2 m
and Z = 4 m along the tube. Air velocity is measured by a handheld hot-wire anemometer at 360
points along the tube. Gauge pressure is measured at condenser inlet and outlet with differential
pressure sensors. Atmospheric pressure is measured locally with a barometer.
2.4 Water-Cooled Test Section
The water-cooled test section is cooled via a polycarbonate water jacket that was manufactured
using fused deposition modeling. A diagram of the water-cooling loop is presented in Figure 3.
Accumulator
Heat
Exchanger

Tro

Tri

WaterCooled
Test
Section

Pump

Figure 3: Diagram of water-cooling loop

The water-cooled tube is attached via flange to the air-cooled section in to ensure continuous
development of flow regime. A schematic of the test section is presented in Figure 4. The
polycarbonate water jacket is presented in Figure 5.
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Figure 4: Diagram of water-cooled test
section, with water jacket covering tube

(a)

(b)

Figure 5: Polycarbonate water jacket, (a) View of
inside one half of the jacket. Recesses for Tr
thermocouples can be seen in the middle three
channels. (b) End view showing water inlet and
space for tube; notches on sides are for
thermocouple wires

The water jacket and test tube form a single-pass counter-flow heat exchanger. The water jacket
channels are designed to mimic the large temperature glide present in an air-cooled condenser
(William A Davies III et al., 2019). The steam-side flow is in the stratified regime, so the condensation
HTC depends on wall-steam temperature difference. Therefore, it is important to mimic the ACC
conditions in order to develop a useful HTC correlation.
Channel geometry and instrumentation are shown in Figure 6. Water temperature is measured at
the inlet and outlet to the jacket, as well as at six locations in each of the three middle channels, on
each side of the condenser tube. The thermocouples along each channel are positioned in recesses
directly above the water channels, in order to measure the water temperature at the top of the
channel. In order to determine the mixing-cup temperature of the water flow, a CFD simulation was
performed, and results were compared to the temperature measurements. The decision to measure
the unmixed water temperatures along the channels was an intentional one. The water-cooling
system was designed with the goal of matching the temperature glide of air through the fins in the
air-cooled test section. Due to the high heat capacity of water in comparison to air, this requirement
compelled the use of thin (1.4 mm height) water channels. These channels were too thin to build a
polycarbonate mixing structure along the length of the channel. An alternative option would be to
pull the water away from the tube into separate mixing chambers before each temperature
measurement. However, this would interrupt the thermal boundary layer and expose the tube to
intermittent doses of cooler water – once again failing in the requirement to match the temperature
glide of the air-cooled section. Therefore, a combined experimental and CFD approach was chosen
to maintain this uninterrupted temperature glide. This method introduces increased uncertainty in
the determination of water temperatures along the channel, and therefore in the determination of
local condensation HTC. However, the mixing-cup temperatures of the inlet and outlet water were
measured directly, so the uncertainty of the mean HTC is unaffected.
In following the water temperature measurements, wall temperature is measured in six locations at
each of the three middle channels on both sides of the tube. The thermocouples are embedded in
the 1.7 mm-thick steel wall of the tube. The thermocouple beads are covered with Omegabond 101
high thermal conductivity epoxy (published thermal conductivity of 1.0 W m-1 K-1) before insertion to
ensure proper thermal contact with the wall. In addition, the channels for the wires are filled with this
thermal epoxy after insertion in order to affix the thermocouples and ensure proper heat conduction
through the wall. The wall thermocouples after installation are shown in Figure 7. All temperatures
are measured with T-type thermocouples.
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Figure 7: Water-cooled test section with wall
thermocouples installed. TC are installed in
three adjacent channels on each side of the
tube. The TC wires run through channels cut
into the steel wall perpendicularly to the
channel direction. TC are affixed with
Omegabond 101 high-conductivity thermal
epoxy

Figure 6: Diagram of water-cooled section; Wall
(Twjk) and water (Trjk) temperatures are
measured in the three center channels along
the channel length

3. METHOD
3.1 Data Reduction
Total steam mass flow rate is the sum of the condensate mass flow rates leaving each of the watercooled test section and the secondary condenser.

ms  mc1  mc 2

Eq. (1)

Steam mass flux is the total steam mass flow rate divided by the inner cross-sectional area of the
condenser tube:

Gs 

ms
Acs

Eq. (2)

Steam quality at the inlet to the water-cooled test section is determined by two methods. For the first
method, condensate generated by the water-cooled section is subtracted from mass flow rate of
condensate leaving the primary condenser. The result is divided by the system mass flow rate.

xr ,method 1 

mc1  Qr / ilv
ms

Eq. (3)

Capacity of the water-cooled test section, Qr, is determined by equation (4):

Qr  mr Tro c p , ro  Tri c p ,ri 

Eq. (4)

The second method to determine quality is by using the capacity of the air-cooled test section,
measured via heat transferred to the cooling air (equation (5)):

xr ,method 2 

Qa / ilv
ms
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Air-side capacity, Qa, is determined via air velocity and air-side temperature difference. A complete
description of this determination is available in Davies and Hrnjak (Davies III & Hrnjak, 2019 (In
press)).
Final steam quality is determined by an uncertainty-weighted average, as described by Park et al.
(Park et al., 2010):

 1 
 1 
x

x

2  r , method 1
2  r , method 2
u
u
 method 2 
xr   method 1 
1
1

2
umethod 1 umethod 2 2

Eq. (6)

Equation (7) shows that heat flux of the water-cooled section is determined by water-cooled capacity
divided by the total steam-side heat transfer area of the water-cooled section, which totals 0.0547
m2:

q "r 

Qr
As ,r

Eq. (7)

Local capacity of the water-cooled section is determined from change in local water temperature in
each channel, as in equation (8):

Qr , jk 

mr
Tr , j ,k 1c pr , j ,k 1  Tr , j ,k c pr , j ,k 
# of channels

Eq. (8)

The local water mass flow rate is determined by assuming equivalent mass flow rate in each of the
18 channels. This was achieved through careful design – maintaining higher pressure drop through
the channels than in the header – and verified by comparing temperature measurements in adjacent
and opposing channels.
Local heat flux is then determined by the local water-side heat transfer area, with the subscripts j
and k in equations (8) and (9) denoting the channel number (1-9) and axial location along the channel
(1-6) respectively:

q "r , j ,k 

Qr , j ,k

Eq. (9)

As ,r ,k

The local condensation heat transfer coefficient is then determined by local heat flux and
temperature difference between the steam and the wall, and then accounting for the heat transfer
resistance of the wall (equations (10) and (11)):

h j ,k 

hs , j ,k

q "r , j ,k

Eq. (10)

Ts  Tw, j ,k

 1
t 

 w
 h j ,k kw 



1

Eq. (11)

4. RESULTS AND DISCUSSION
Figure 8 shows the measured wall, steam, inlet water and outlet water temperatures, as well as the
local water temperatures determined using CFD for one experimental point. These are compared to
modeled temperatures, determined using the equation of Dhir and Lienhard (1971) to determine
condensation HTC for points 2-6, and that of Dobson and Chato (1998) to determine HTC at point 1
at the bottom of the tube. The experiment finds equivalent wall temperatures to the model, but greater
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water temperature for all points. This indicates higher heat transfer and higher heat transfer
coefficient than that predicted by the experiment.

Figure 8: Measured and CFD temperatures vs. theoretical temperatures determined using the Dhir &
Lienhard (1971) and Dobson and Chato (1998) correlations for HTC

Figure 9 displays local HTC for the same experimental point. The HTC is lowest at the tube bottom,
as expected due to the build-up of condensate at the tube bottom. Condensation HTC then increases
along the tube height due to the smaller film thickness at the higher position. Measured HTC agrees
well with the natural-convection correlation of Dhir and Lienhard (1971) for all points.

Figure 9: Local condensation HTC for one data point, compared to analytical HTC from Dhir &
Lienhard (1971)

5. CONCLUSIONS
The method of determining condensation heat transfer coefficient while maintaining the varying heat
flux and wall temperature of an operating air-cooled condenser has been shown to be accurate. In
addition, condensation heat transfer coefficient has been shown to increase along the condenser
height by over five times in magnitude.
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NOMENCLATURE
A

cp
G

h

i
ilv

k

m
Q
q 

t

T

Tbulk

u

x
X
Z

Area
Specific heat at
constant pressure
Mass flux
Heat transfer coefficient
Specific enthalpy
Specific enthalpy of
vaporization
Thermal conductivity
Mass flow rate
Heat transferred
Heat flux
Thickness
Temperature
Bulk water temperature
Uncertainty
Vapor quality
Position along wall
height
Axial position

m2
J kg-1 K-1
kg m-2 s-1
W m-2 K-1
J kg-1
J kg-1
W m-1 K-1
kg s-1
W
W m-2
m
oC
oC
m
m

Subscripts
a
Air
Back of the tube
b
c1
Primary condenser (consisting of air
and water-cooled test sections)
c2
Secondary condenser
cs
Cross-section
Front of the tube
f
Inlet
i
Channel number
j
k
Index of position along X-direction
l
liquid
o
Outlet
r
Water-cooling loop
s
Steam
v
Vapor
w
Wall
Greek Symbols

Inclination angle

o
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ABSTRACT
Pressure drop during steam condensation is measured experimentally in a large, flattened-tube aircooled condenser. The steel tube is 5.7 m long, with an elongated-slot cross section with inner
dimensions of 216 x 16 mm. Cooling air is provided by 48 axial fans of 120 mm diameter, providing
air velocity from 2 – 2.7 m s-1. Tube inclination angle is varied from 0 – 49o downwards, and
condensation pressure is varied from 70 – 105 kPa.
Pressure drop is measured in two 2.85 m sections along the tube. Pressure drop for the full tube is
also measured by difference between inlet and outlet gauge pressure. Pressure drop is found to be
very small (<100 Pa) for all test conditions due to the low mass flux (< 5 kg m-2 s-1). Frictional pressure
drop is found to increase as mass flux increases, and total pressure drop is found to decrease as
inclination increases.

1. INTRODUCTION
This paper examines the effect of condenser pressure, mass flux, and tube inclination on steam-side
pressure drop for a power-plant air-cooled condenser (ACC). Condensation pressure is an important
system-level parameter. Decreasing condensation pressure improves power-plant performance by
increasing the Carnot efficiency, as shown by O’Donovan and Grimes (2014). Only a few previous
experimental parametric studies of ACC performance have been performed. Of the previous studies,
O’Donovan and Grimes (2015) found that steam-side frictional pressure drop in an ACC bundle
increases as inlet vapor velocity increases. However, they also found that momentum recovery also
increases, so total pressure drop only increases slightly. They found the correlation of Lockhart and
Martinelli (1949) for frictional pressure drop most closely matched their experimental data. However,
this correlation was developed for small round tubes with high mass flux. In another experimental
study, Kang et al. (2017) studied pressure drop in inclined, flattened-tube ACCs. They found that
steam-side pressure drop decreases as tube inclination increases due to improved drainage of
condensate and increased gravitational pressure recovery. In addition, they found a hydraulic
roughness of 0.3 mm during condensation in this tube.
Although many condensation pressure drop correlations exist for small, round-tube condensers, only
a few exist for the case of large, flattened tubes. For this specific case with low mass flux,
Groenewald and Kröger (1995) numerically developed and experimentally validated a correlation for
pressure drop that accounts for the suction rate of vapor towards the condensing wall, which affects
the friction factor. Their model also finds that the effect of interfacial waviness is negligible due to the
high aspect ratio and low mass flux of the tubes. For condensation in inclined tubes, S. Lips and J.
Meyer (2012) presented a pressure-drop model based on the correlation of Taitel and Dukler (1976).
Developed based on experimental results in small-diameter round tubes, their model takes into
account the curved shape of the vapor-liquid interface.
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2. FACILITY
2.1 Overview
The facility used in this study is identical to that used in (Davies III & Hrnjak, 2019 (In press)). A
schematic of the experimental setup is presented in Fig. 1. Steam is generated by two boilers (24
kW and 45 kW), from where it passes through a pre-heater into an air-cooled test section. The test
section is 5.7 m in length, and is cooled by 48 axial fans with 120 mm diameter. The steam enters
in a slightly-superheated state, and is completely condensed in this test section, so that only
condensate flows through the Micromotion CMF025 coriolis mass flow meter and into a condensate
receiver for return to the boilers.

Figure 1: Diagram of condenser test facility

2.2 Test Tube

(a)

(b)

Figure 2: Condenser tube (a) stand-alone and (b) installed in air duct

The condenser tube is 0.216 m in inner height and 0.016 m in inner width, as seen in Figure 2. The
tube has a cross-sectional area of 34 cm2 and a hydraulic diameter of 3 cm. The tube is steel of 1.8
mm thickness, with aluminum cladding on the outside, and the wavy fins are aluminum. The fins are
200 mm x 19 mm, with a thickness of 0.25 mm and fin pitch of 2.3 mm. The tube is installed in a
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specially-designed air duct, in order to maintain uniform air flow rate along the tube length. This
crossflowing air is pulled upwards through the fins.
2.3 Test Section Instrumentation
Temperatures and pressures are measured along the test section at the points shown in Figure 3.
Air inlet and outlet temperatures are measured at 0.5 m intervals along the test tube with T-type
thermocouples. Air velocity is measured by a handheld hot-wire anemometer at 360 points along the
tube. There is significant local variation in air velocity due to small variations in the fins and nonuniform fan flow rate along each individual fan. Gauge pressure is measured at the condenser inlet
and outlet with differential pressure sensors. Pressure drop is measured in two 2.85 m sections along
the tube length. Positive gauge pressure is measured by sensors with a maximum range of 7.47
kPa. When gauge pressure is negative, a sensor with a range of 124 kPa is used. The sectional
pressure drops are measured by sensors with ranges of 498 Pa for positive pressure drop and 249
Pa for negative pressure drop. Pressure drop is occasionally negative due to pressure gain from
deceleration and from decrease in elevation. Atmospheric pressure is measured locally with a
barometer.

Figure 3: Measurement points along condenser test section

3. METHOD
3.1 Data Reduction
Pressure drop is determined by two methods. The pressure drop of the individual 2.85 m sections
issummed to find pressure drop along the entire tube length shown by Eq. (1):

Ptot ,sum  P1  P2

Eq. (1)

As a second method, the difference between inlet and outlet gauge pressure is found by equation
(2). This method is only valid for positive gauge pressures. For negative gauge pressures, the range
of the sensors is too large to provide an accurate measurement of the small pressure drop.

Ptot ,diff  Pi  Po
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The two methods are combined by Eq. (3) using the method of Park and Jacobi (2010) in order to
reduce uncertainty:

 1 
 1 

P

P



tota
l
,
s
u
m
2
 udiff 2  tot ,diff
 usum 


Ptot 
1
1

2
usum
udiff 2

Eq. (3)

Once obtained, the total pressure drop can be divided into three components: the gravitational,
momentum and frictional pressure drops, as in Eq. (4):

Ptot  Pg  Pm  Pf

Eq. (4)

As explained by Taitel and Dukler (1976), for stratified flow, the pressure drop between the vapor
and liquid phases will be equal. Therefore, in calculating the components of the total pressure drop,
it is possible to consider the pressure drop in the vapor phase, only. The gravitational pressure drop
is then the hydrostatic pressure in the vapor phase Eq. (5):

Pg  v gL sin  

Eq. (5)

The gravitational pressure drop will be negative for a downwardly-inclined tube, indicating an
increase in pressure along the tube length. In condensation, momentum pressure drop also
increases the pressure. It is the result of the deceleration of the vapor flow, and is calculated by Eq.
(6):

1
Pm   vvv2    vvv2  
o
i
2

Eq. (6)

Only condensate exits the tube, so the outlet vapor velocity is zero. In the experiment, mass flow
rate of condensate is measured directly. The inlet quality and void fraction are approximately equal
to one, so the inlet vapor velocity can be determined by Eq. (7):
vg ,i 

ms

v Acs

Eq. (7)

Frictional pressure drop is then determined by subtracting the momentum and gravitational
pressure drops from the measured total pressure drop.
Total mass flux is also determined from the measured condensate mass flow rate:

G

ms
Acs

Eq. (8)

Inlet vapor Reynolds number is then determined from the mass flux and fluid properties:

Revi 

GDh

v
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Due to the stratified flow throughout the tube length, and the constant heat flux leading to linear
variation in vapor velocity (Davies III et al., 2019), a model for single-phase pressure drop in the
vapor can be assumed, and the pressure drop can be discretized along the length to determine an
interfacial friction factor:

f int 

2Pf Dh

Eq. (10)

Zvv2 v

Interfacial roughness, εint, can be determined by fitting Churchill’s (1977) model for friction factor to
the results for friction factor as a function of vapor Reynolds number:
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Eq. (13)

3.2 Uncertainty
There are two main causes of uncertainty of the pressure drop measurement: uncertainty of the
pressure sensors and uncertainty caused by fluctuations in the system pressure. The published
sensor uncertainty is 0.2% of the sensor range. Therefore, the instrument uncertainty is 1 Pa when
measuring positive pressure drop, and 0.5 Pa when measuring a negative pressure drop. However,
significant uncertainty is added by the boiling process. The generation of steam is unsteady, so the
condenser pressure undergoes significant variation with time. Taking the standard error of the
measurements at the 95% confidence level, and combining with the instrument uncertainty, the final
uncertainty of pressure drop over the full tube length is 10 Pa.
Uncertainty of the interfacial roughness depends on the uncertainty of the friction factor, as well as
the uncertainty of fitting Churchill’s model to the results. The uncertainty of the interfacial roughness
is 20%.

4. RESULTS AND DISCUSSION
4.1 Overall Pressure Drop
Frictional pressure drop in the tube is compared to the models of S. Lips and J. P. Meyer (2012),
Groenewald and Kröger (1995) and Kang et al. (2017) in Figure 4. In addition, the interfacial
roughness is derived from the current experimental results, and Churchill’s (1977) model is plotted
with this interfacial roughness. Frictional pressure drop is very small in magnitude, so there is
significant experimental error. However, the experimental results exceed the predictions of all three
models, with closest agreement to the models of S. Lips and J. P. Meyer (2012) and Kang et al.
(2017). Despite this under-prediction, the experimental results follows the trend of all three models
in increasing frictional pressure drop as inlet vapor Reynolds number increases. This is the result of
the increased vapor velocity increasing interfacial shear stress. Figure 5 shows the momentum and
frictional components of pressure drop. These results are for a horizontal tube, so the gravitational
pressure gain is zero. The increase in overall pressure drop with inlet vapor Reynolds number is
shown to be due to an increase in frictional pressure drop, which is partially offset by an increase in
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the momentum pressure recovery. As with frictional pressure drop the experimental data follows the
trend of the model, but exceeds the result predicted by the model. Figure 6 shows a very similar
trend for the higher condensing pressure of 100 kPa. It can also be seen that frictional pressure drop
is lower for a given Reynolds number at the higher condensing pressure. This agrees with the
prediction of the model.

Figure 4: Experimental frictional pressure drop compared to the models of Kang et al. (2017),
Groenewald and Kröger (1995), S. Lips and J. P. Meyer (2012) for a horizontally-inclined tube. The
model of Churchill (1977) uses the roughness derived in the current experiment of 0.94 mm

Figure 5: Pressure drop vs. mass flux, with experimental results compared to the frictional pressure
drop model of Kang et al. (2017) for Ps = 70 kPa

Figure 6: Pressure drop vs. mass flux, with experimental results compared to the frictional pressure
drop model of Kang et al. (2017) for Ps = 100 kPa

Figure 7 shows the total pressure drop as tube inclination changes. It can be seen that pressure
drop decreases as inclination increases. This is a result of increased gravitational pressure recovery.
Friction also decreases slightly with inclination. Previous experimental results (Kang et al., 2017)
have shown that frictional pressure drop can decrease with increasing inclination due to improved
condensate drainage. This experiment confirms this result.
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Figure 7: Total pressure drop vs. tube inclination angle, with experimental results compared to the
models of S. Lips and J. P. Meyer (2012) and Kang et al. (2017)

Figure 8 shows friction factor compared to that of several models over a range of local Reynolds
numbers. The results show that the experimentally-determined friction factor exceeds that of all the
models, with a greater discrepancy in the laminar region. In this high-aspect-ratio tube, the transition
Reynolds number is approximately 2800 (Hanks & Ruo, 1966). Applying Churchill’s model to the
results, the interfacial roughness is derived, yielding a result of 0.94 mm.
Figure 9 shows the decrease in frictional pressure drop as quality decreases. This is mainly the result
of the decreased velocity as the two-phase density increases.

Figure 8: Experimental friction factor exceeds
that of relevant models

Figure 9: Frictional pressure drop vs. vapor
quality

5. CONCLUSIONS
Pressure drop has been measured during condensation of steam in a 5.7 m flattened tube. Pressure
drop has been found to decrease as downward tube inclination increases due to an increase in
gravitational pressure recovery. Frictional pressure drop has been found to decrease as well with
increasing inclination. Pressure drop has also been found to increase as inlet vapor Reynolds
number increases, and as condensation pressure decreases. Total pressure drop is very low in
magnitude, due to the low mass flux.
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A

Dh
f
G
g
L

m

P

Q

Re
T

u
v

x
Z

Area
Hydraulic diameter
Friction factor
Mass flux
Gravitational
acceleration
Length
Mass flow rate
Pressure
Heat transferred
Reynolds number
Temperature
Uncertainty
Velocity
Vapor quality
Axial position

m2
m

f
g

kg m-2 s-1
m s-2

int
l
m
o

m
kg s-1
kPa
W

i

s

sum
tot
v
w

oC

m s-1
m

Subscripts
1
Measurement section 1
a
Air
cs
Cross-section
diff
Pressure drop determined by
difference between inlet and outlet
gauge pressure

Frictional
Gravitational
Inlet
Interfacial
liquid
Momentum
Outlet
Steam
Pressure drop measured as sum of
pressure drop in each measurement
section
Total pressure drop
Vapor
Wall

Greek Symbols
ΔP
Pressure drop
Roughness
ε
μ
Viscosity
ρ
Density

Inclination angle

Pa
m
Pa s
kg m-3
o
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ABSTRACT
A double tube heat exchanger is usually used in heat pump water heater to obtain large water
temperature rise. Condensing heat transfer coefficient decreases with decreasing vapor quality due
to increase in liquid film thickness. Non-circular small diameter tube has possibility to improve the
condensing heat transfer, because liquid film thickness becomes non-uniform by surface tension.
This study deals with condensing heat transfer of HFC-134a in quadrilobed tube with the crosssection consisting of four leaves and core. Condensing heat transfer and pressure loss in horizontal
tubes were experimentally evaluated. From the results, it was confirmed that deterioration in the
condensing heat transfer coefficient was suppressed under moderate wetness for the low refrigerant
mass flux less than 300 kg×m-2×s-1, because condensed liquid might be accumulated in the narrow
part by the surface tension. However, pressure loss increased due to maldistribution of refrigerant
flow.
Keywords: Condensation, Horizontal tube, Pressure drop, R134a, Surface tension,
Two-phase flow.

1. INTRODUCTION
Heat pump water heater using CO2 is widely used in Japanese households for energy saving. When
a refrigerant with high critical point was used for heat pump to decrease the operation pressure or to
improve the COP, the refrigerant will flow as a condensing flow in the water heater. Many researchers
have studied condensing heat transfer for various refrigerant and tube configurations, such as
triangular or rectangular channels. Koyama et al. (2003) investigated condensing heat transfer in
multi-port extruded tubes having multiple mini rectangular channels. They reported that condensing
heat transfer strongly depended on the tube configuration and flow conditions of the refrigerant.
Especially, in heat transfer coefficient under low quality condition deterioration in heat transfer
coefficient could be suppressed, because the condensate was accumulated at the corner by surface
tension. Del Col et al. (2011) measured condensation heat transfer coefficients in a single square
cross section minichannel with the 1.18 mm side length, during condensation of refrigerant R134a
at 40 ºC saturation temperature, at mass flux ranging from between 200 to 800 kg×m-2×s-1. They
found a heat transfer enhancement at the lowest mass flux in the square cross section channel
compared to the circular channel with the same hydraulic diameter by the effect of surface tension.
Wang and Rose (2006 and 2011) proposed a theoretical model to predict condensation heat transfer
in horizontal square and triangular microchannels considering the effects of interfacial shear stress,
gravity and surface tension force on the liquid film structure.
In this present work, condensing heat transfer characteristics in quadrilobed tube with a
clearance in the heat transfer wall for leak detection used for a heat pump water heater were
experimentally investigated. The effects of the tube configuration and flow condition of the refrigerant
are discussed.
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2. EXPERIMENTAL APPARATUS AND CONDITIONS
2.1.

Experimental apparatus

Fig. 1 shows the schematic diagram of the experimental apparatus. HFC-134a was used as the
refrigerant. The test loop consists of a gear pump, an evaporator, a test section and sub-cooler. To
absorb a volume increase with a phase change of the refrigerant an accumulator is connected to the
branch pipe at the upstream of the pump. The mass flow rate was measured by a Coriolis mass flow
meter. The refrigerant was heated and vaporized in the evaporator. Wet vapor was supplied to the
test section and condensed by heat exchange with water in the test section. The refrigerant from the
test section was further cooled at the sub-cooler to keep the subcooling degree for the gear pump.
The pressure of the test loop is maintained by changing the temperature of the accumulator. The
test section consists of a quadrilobed tube and a transparent acrylic resin cover. The tube
configuration and channel cross-section are shown in Fig. 2. The quadrilobed tube has a crosssection shaped like four leaves and core as shown in Fig. 2 (b). Specification of the tested
quadrilobed tube is summarized in Table 1. The length of the heat transfer section was 200 mm of
the 720 mm length quadrilobed tube. A 1/4 inch circular tube with 60 mm in length was connected
at each end for the connection. The tested tube has double wall for leak detection. The tested tube
was gently twisted with the pitch of 400 mm as shown in Fig. 3. The flow direction of the refrigerant
and water was a counter flow as shown in Fig. 2 (a). In order to evaluate wall temperature at the
middle of the test section, four 0.1 mm K-type thermocouples were mounted on the top and bottom
convex parts and root parts.

Figure 1: Schematic diagram of experimental apparatus

(a) Configuration

(b) Cross-section shape

Figure 2: Schematic drawing of the test section
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Table 1. Specifications of quadrilobed tube

2.2.

Maximum diameter
Cross-section area
Wetted perimeter (inside)
Wetted perimeter (outside)

13.8 mm
16.65 mm2
44.85 mm
58.32 mm

Thickness

1.3~1.6 mm

Hydraulic diameter

1.48 mm

Figure 3: Appearance of
quadrilobed tube

Experimental conditions and methods

The experimental conditions are summarized in Table 2. The refrigerant mass flux is varied in the
range of G = 200 to 900 kg×m-2×s-1 in single phase experiments and G = 200 to 400 kg×m-2×s-1 in
condensation experiments. The pressure of test section was kept constant at 1.77 MPa. The
volumetric flow rate and inlet temperature of water were also kept at 0.66 L×min-1 and 35 ºC,
respectively. To evaluate the effect of the clearance for leak detection on the thermal resistance,
heat transfer performance of single-phase flow was evaluated by changing the enclosed gas with
different thermal conductivity, such as dry air and helium.
Table 2. Experimental conditions

(a) Single phase flow and condensing heat transfer experiments
Single-phase
Condensation
experiments
experiments
Inlet temperature [ºC]
60
~64
Inlet quality [-]
0.2 to 1.0
Mass flux [kg×m-2×s-1]
200 to 900
200 to 400
Pressure [MPa]
1.77
(b) Evaluation of the effect of the clearance for leak detection
Material
Thermal conductivity [W×m-1×K-1]
Air
0.025
He
0.15

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1.

Liquid single-phase flow heat transfer experiments

Experimental results of overall heat transfer coefficient of refrigerant single-phase flow are plotted
against the refrigerant Reynolds number in Fig. 4. Water overall heat transfer coefficient increased
with increasing refrigerant Reynolds number. The overall heat transfer coefficient K in W×m-2×K-1
can be expressed by Eq. (1).

1
1
1
=
+
K a ave,r a w

Eq. (1)

where αave,r and αw are refrigerant and water heat transfer coefficient and in W×m-2×K-1. We assumed
the refrigerant heat transfer rate αave,r is proportional to the 0.8th power of refrigerant Reynolds
number like turbulent flows in circular channels. Since the water heat transfer coefficient is constant
for the same flow rate and inlet temperature, water average heat transfer coefficient was measured
by curve fitting by least squares method. The obtained results are shown in Table 3. In this case,
thermal resistance of heat transfer wall is included in the heat transfer coefficient of water flows.
Table 3. Estimated results of water and refrigerant
single-phase flow heat transfer coefficient

Refrigerant side
αave,r [W×m-2×K-1]
1.74×Re0.8

Water side
αw [W×m-2×K-1]
2.21×103
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Overall heat transfer coefficient
2
[W/(m ×K)]
DTLM [℃]

Refrigerant local heat transfer coefficients in single phase flows are shown in Fig. 5. Black line
indicates the refrigerant average heat transfer coefficient calculated by Table 3. Also red line shows
the heat transfer coefficient calculated by Dittus-Bölter for turbulent flow heat transfer coefficient.
These results show single phase heat transfer in quadrilobed tube can be estimated by previous
correlation for circular channels. The reason why the local heat transfer coefficient includes thermal
resistance of the heat transfer wall. The effect of measure position was a little. The pipe friction factor
of refrigerant liquid single-phase flows in the quadrilobed tube is shown in Fig. 6. Theoretical values
for laminar flow and those by Blasius equation for turbulent flows are plotted solid lines. Although
the measured results were a little bit larger than those by Blasius equation, the results showed the
same tendency against Reynolds number.
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Figure 6: Pipe friction factor of refrigerant liquid
single-phase flow

3.2.

Figure 7: Effect of the clearance for leak
detection on overall heat transfer coefficient

Two-phase flow condensate heat transfer experiment

Local condensing heat transfer coefficients at the center of test section are plotted against wetness
in Fig. 8 (a) to (c) for each mass flux, respectively. The same symbols with those in Fig. 5 are used.
The thermodynamically equilibrium quality x at the measure point was estimated by Eq. (2).

x=
0.5

hmeas - hL , sat

Eq. (2)

hG , sat - hL , sat

Pressure drop [kPa]

Heat transfer rate [kW]

Heat transfer rate [kW]

0.5
Mass flux [kg/(m2×s)]
8
0.4is average specific enthalpy
outlet of the test section in J×kg-1, and hG,sat
where hmeas
200 of the inlet and0.4
300
6
vapor and liquid in J×kg-1, respectively. The position
and hL,sat are specific enthalpy of saturation
0.3
400
0.3

effect on heat transfer coefficients were confirmed in low wetness condition for high refrigerant mass
4
flux. The value
at the top convex part was the highest, those
0.2
0.2 at the bottom convex and root part were
almost the same, and were higher than those at the top root part. The difference might be caused
2
0.1
by maldistribution
of refrigerant and water flows, the0.1thermal resistance of the clearance,
and
condensate0 liquid film distribution. Local heat transfer
coefficients
decreased
with
increasing
0
0
0 degree
0.2 of
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1-x [-]
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Measured data of differential pressure through the test section are shown in Fig. 11. The values are
pressure difference between the static pressure ports at the inlet and outlet of the test section as
shown in Fig. 1, therefore the values included the acceleration loss due to the phase change. The
pressure loss decreased with increasing wetness for each mass flux, due to deceleration of liquid
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Figure 12: Comparison of experimental results of Nusselt number of condensing heat
transfer with those of calculated results by Jige’s correlation equation.

4. CONCLUSIONS
Condensing heat transfer characteristics in a horizontal quadrilobed tube with double heat transfer
wall for leak detection was experimentally investigated using R134a as the refrigerant. The
deterioration of the heat transfer coefficient was suppressed under medium wetness condition in the
lower mass flux conditions less than 300 kg×m-2×s-1 due to the effect of the surface tension. However,
the pressure loss quite increased due to the maldistribution of the refrigerant flow. The improvement
of heat transfer coefficient couldn’t be seen in the high mass flux conditions because the inertia force
was dominant. The effect of the clearance for the leak detection increased with decreasing thermal
resistance. The fraction to total thermal resistance was up to 10.4 %.
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NOMENCLATURE
h
m
K
Re
G
Nu
α
λ
x

specific enthalpy (kJ×kg-1)
mass flow rate (kg×s-1)
overall heat transfer coefficient
(kW×m-2×K-1)
Reynolds number (-)
mass flux (kg×m-2×s-1)
Nusselt number (-)
Heat transfer rate (kW×m-2×K-1)
pipe friction factor (-)
vapor quality (-)

subscript
r
refrigerant
ave
meas
w
G
L
sat

average
measurement
water
Gas phase
Liquid phase
Saturated condition

REFERENCES
Del Col, D., Bortolin, S., Cavallini, A., Matkovic M., 2011. Effect of cross sectional shape during
condensation in a single square minichannel. Int. J. Heat Mass Transfer 54. 3909-3920.
Jige, D., Inoue, N., Koyama, S., 2016, Condensation of refrigerants in a multiport tube with
rectangular minichannels, I. J. Refrigeration, 67, 202-213.
Jige, D., Koyama, S., 2012, Condensation of HFC and HFO Refrigerants in Horizontal Mini-Channels
: Prediction Model of Heat transfer in Rectangular Channels, Trans. of JSRAE, 29(4), 421-432.
(in Japanese)

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1285

Koyama, S., Kuwahara, K., Nakashita, K., Yamamoto, K., 2003. An experimental study on
condensation of refrigerant R134a in a multi-port extruded tube, Int. J. Refrigeration 24(4), 425432.
Wang, H.S., Rose, J. W., 2006. Film condensation in horizontal microchannels: Effect of channel
shape. Int. J. Thermal Sciences. 45, 1205-1212.
Wang, H.S., Rose, J. W., 2011. Theory of heat transfer during condensation in microchannels, Int.
J. Heat Mass Transfer 54, 2525-2534.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1286

Manuscript ID: 909
DOI: 10.18462/iir.icr.2019.0909

Air-water two-phase flow distribution in a manifold having four
indoor-unit connections of a VRF system
Seongkwan HAM, Siyoung CHOI, Ji Hwan JEONG*
School of mechanical engineering, Pusan national university, 2,
Busandaehak-ro 63beon-gil, Geumjeong-gu, Busan, 46241, Republic of Korea
*: Corresponding Author, E-mail: jihwan@pusan.ac.kr

ABSTRACT
In case of a Variable refrigerant flow(VRF) system, the refrigerant is supplied from one outdoor unit
to a number of indoor units through manifold-shaped distributors. As the height difference between
the distributors increases, the refrigerant may enter the distributor in two-phase state due to the
pressure drop. Therefore, this study experimentally investigated the flow distribution characteristics
in a distributor with four branches using air-water as a working fluid. Most of the literature deals only
with the case where the working fluid is supplied from one inlet. However, for a VRF system
depending on the mode of the indoor unit, the working fluid is supplied from both the inlet and branch.
Therefore, the characteristics of two-phase flow distribution were investigated through three
experimental cases considered in the flow arrangements varied by operation mode of the indoor unit.
The experimental data of the two-phase flow distribution were obtained by varying void fraction,
mass flow rate, and downstream flow resistance in the branch for each case. The unevenness of the
distribution was suggested by the difference of liquid fraction where the liquid was most distributed
and where it was least distributed.
Keywords: Distribution, Two-phase flow, Air-water, Parallel flow.

1. INTRODUCTION
Variable refrigerant flow(VRF) system air conditioner is a system that allows cooling and heating in
an individual space by connecting several indoor units to one outdoor unit. In the VRF system air
conditioner the refrigerant is supplied to several indoor units through a refrigerant distributor. The
refrigerant flow in the refrigerant distributor is shown in Fig. 1. The refrigerant distributor consists of
a liquid pipe, a high-pressure gas pipe, and a low-pressure gas pipe. These are manifold shaped
and are connected to the indoor units in the respective air conditioning spaces. When the indoor unit
is in the cooling mode, the liquid refrigerant in the liquid pipe is distributed to each indoor unit, and
after heat exchange in the indoor unit, the refrigerant in gaseous state flows to the low-pressure gas
pipe. When the indoor unit is in the heating mode, the gas refrigerant in the high-pressure gas pipe
is distributed to the indoor unit, where it transitions into the liquid state after heat exchange, and
flows to the liquid pipe. The condensed refrigerant is again distributed to the cooling mode indoor
unit. The distribution in the liquid pipe should consider not only the fluid supplied from the inlet but
also the condensed fluid coming from the branch tube. The refrigerant distributor can be connected
to the indoor unit as well as to other refrigerant distributors. This flow arrangement is different from
the distribution in a common manifold where refrigerant is supplied from only inlet. As the height
difference between the refrigerant distributors becomes larger, not only the pressure drop in the long
pipe, but static pressure difference increases as well. As a result, the two-phase refrigerant can be
supplied due to the pressure difference between refrigerant distributors. When the two-phase
refrigerant flows into the distributor, some problem in maldistribution occurs. Many studies related to
two-phase flow maldistribution have been conducted in parallel-flow mini channel heat exchangers.
Draio et al. (2013) summarized the factors affecting the two-phase flow distribution. The factors
affecting the distribution are divided into geometrical factors, fluid properties, and operating
conditions. Vist and Pettersen (2004) experimentally investigated the distribution tendency according
to varying the geometrical factor (diameter of header) and operating conditions (quality, mass flow
rate). Kim and Han (2008) also experimentally investigated the distribution tendency according to
varying the geometrical factor (intrusion depth) and operating conditions (quality, mass flux).
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Experimental results showed that geometrical factors and flow conditions affect the two-phase flow
distribution in manifolds. The geometry of the refrigerant distributor differs from the conventional
parallel heat exchanger. It has a double pipe heat exchanger inserted at the center of the header for
subcooling. It is difficult to find the previous research related to the two-phase flow distribution that
reflects the geometry and flow arrangement of the refrigerant distributor. Therefore, the
characteristics of two-phase flow distribution were investigated through experiments reflecting flow
arrangements and the geometry with a double pipe inserted at the center of the header. The
experimental cases considered in the flow arrangements varied by operation mode of the indoor unit.
There are three experimental cases as shown in Fig. 2. In the first case, only air-water is supplied
from the inlet. In the second case, air-water is supplied to the inlet, and the liquid is supplied from
the branch closest to the inlet. In the third case, air-water is supplied to the inlet, and the liquid is
supplied from the farthest branch. The experimental data of the two-phase flow distribution were
obtained by varying void fraction, mass flow rate, and downstream flow resistance on branch for
each case. The unevenness of the distribution was suggested by the difference of liquid fraction
where the liquid was most distributed and where it was least distributed.

Figure 1: Refrigerant flow in distributor

Figure 2: Experimental modes

2. EXPERIMENTAL APPARATUS
The test section was made of acrylic glass for flow visualization with same scale as the liquid pipe
of the refrigerant distributor and is shown in Fig. 3. A stainless steel tube is inserted at the center of
the header for simulating a double pipe heat exchanger. The inlet of the header is perpendicular to
the header and is located between the first branch tube and second branch tube. Schematic diagram
of the experimental apparatus is shown in Fig. 4. In order to measure the flow rate of four branches
using one magnetic flow meter, flow measurement section was made as shown in Fig. 4.
Experimental apparatus is shown in Fig. 5. The path that circulates inside the system without
measuring the flow rate is referred as path 1, and the path that bypasses working fluid to measure
the flow rate is referred as path 2. When the flow path changes from path 1 to path 2 to measure the
flow rate, the flow resistance of the flow path is changed. If the flow resistance of the flow path is
different, the flow rate which is distributed to each branch tube is different. To prevent it, the
differential pressure is measured from the inlet of the header to just before bypassing. The twophase pressure drop is a function of flow rate and quality. Therefore, differential pressure was
maintained the same by controlling the valve in bypass line (path 2). During the test, pressure

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1288

fluctuation occurred due to the characteristic of two-phase flow. Therefore, the boundary of
fluctuation was recorded after the observation until it was stable when the fluid flowed to path 1. As
fluid flowed into path 2, the valve attached in path 2 was adjusted so that the fluctuation of the
differential pressure had the same boundary. A separator was needed to measure the flow rate of
the gas and liquids distributed into the branch tube. When the two-phase fluid is separated by density
difference, the flow rate should be measured while maintaining a constant water level in the
separator. The differential pressure was measured so that the water level in the separator was known.
The electric signal (4~20mA) of the differential pressure gauge was transmitted to the inverter of the
pump, and the rotation speed of the pump was controlled by feedback control to maintain a constant
water level in the separator. The liquid flow rate was measured by the magnetic flow meter after
passing through the separator. The gas flow rate was measured by a mass flow meter (MFM).
Despite feedback control, there was a fluctuation in the measured flow rate. As the amount of gas
phase increased, the fluctuation increased by up to ±20% of average value. To minimize the effect
of fluctuations, data were taken more than 10 minutes after the system was at steady state.
Experimental uncertainties are listed in Table 1. To maintain the similarity of the experiment with the
actual system in the case of the liquid phase, the flow rate of water equal to the Reynolds number of
the refrigerant was set as the experimental condition. Mode 2 and 3 assume that the flow rate of the
water supplied from the branch tube to the header is about 1/4 of the total flow rate. In the case of
two-phase flow, it has different flow characteristics depending on the flow pattern. To maintain
similarities to the flow of two-phase refrigerant and the air-water, the void fraction which is associated
with the flow pattern was kept the same. When the quality of the refrigerant was between 0 and 0.1,
the void fraction was calculated assuming a slip ratio (𝑆𝑆) of 1. Eq. (1) is an expression representing
the definition of 𝑆𝑆 and can be summarized as a function of the flow quality and the void fraction.
𝑆𝑆 =

𝑈𝑈𝑔𝑔
𝑈𝑈𝑙𝑙

=

𝑚𝑚̇𝑔𝑔 /(𝜌𝜌𝑔𝑔 𝐴𝐴𝑔𝑔 )
𝑚𝑚̇𝑙𝑙 /(𝜌𝜌𝑙𝑙 𝐴𝐴𝑙𝑙 )

𝑥𝑥
𝜌𝜌
1−𝛼𝛼
� � 𝑙𝑙 � � �
𝜌𝜌𝑔𝑔
1−𝑥𝑥
𝛼𝛼

=�

Eq. (1)

When air-water was supplied, mass flow rate was controlled. By rearranging Eq. (1), it is possible
to calculate flow quality of air-water.
𝑥𝑥 =

1

𝜌𝜌
1−𝛼𝛼 1
�� �+1
� 𝑙𝑙 ��
𝜌𝜌𝑔𝑔
𝛼𝛼
𝑆𝑆

Eq. (2)

It is assumed that 𝑆𝑆=1. The temperature of the water and the air was obtained by using the supplied
temperature value and the pressure was arbitrarily assumed. Then, 𝜌𝜌𝑔𝑔 and 𝜌𝜌𝑙𝑙 were obtained using
the above values. All properties were obtained using REFPROP, version 9.1. Using the calculated
flow quality, the mass flow rate of liquid and gas were obtained. Pressure at the inlet of test section
in the actual flow was measured. 𝜌𝜌𝑔𝑔 and 𝜌𝜌𝑙𝑙 were obtained by re-entering the measured pressure
value and corrected air and water mass flow rate. Repeating this process to find the mass flow rate
of the air and water at which the input pressure and the actually measured pressure were equal. A
needle valve was installed to investigate the distribution tendency according to the change of the
flow resistance of the branch tube. The flow resistance of the valve is expressed using the flow
coefficient. The flow coefficient is expressed by Eq. (3).
𝐶𝐶𝑣𝑣 =

5
∙
12

𝑄𝑄 ∙ �

𝑆𝑆𝑆𝑆
∆𝑃𝑃

Eq. (3)

The openness of the valve was adjusted so that the flow coefficient was 1.61, 1.31, 1.07, 0.64.

s

Figure 3: Test section
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Figure 4: Schematic diagram of the experimental apparatus

Figure 5: Photograph of the experimental apparatus
Table 1. Experimental uncertainties

Measured parameter
Differential pressure
Water flow meter
Air flow meter

Uncertainty
±0.055% of span
±0.35% of reading
±1% of full scale

3. RESULT AND DISCUSSION
3.1.

Configuration of Flow and Effect of Void Fraction

Two-phase flow was recorded at 2000 frames per second and the flow images of various modes are
shown in Fig. 6. The fluid supplied at the inlet swirled along the inserted stainless steel tube as if it
was competing with each other. When the void fraction was small, dispersed bubbly flow was
observed, but as the void fraction increased, Taylor bubbles were observed. As the fluid passes the
branch tube inserted in header, a vortex occurred at the wake and the velocity of the bubble
decreases. It coalesced with the bubbles coming from the upstream. Mode 1 is the case where twophase (air-water) flow is supplied only at the header inlet. As Azzorpardi and Whalley (1982) reported,
the gas phase which has relatively small momentum was better distributed than liquid phase to the
branch tube in the T-junction. Therefore, most of the gas phase was already distributed before
reaching the rear part of the header. After the liquid phase was already distributed to the front part
of the header, the drag force of the liquid phase became smaller. The bubble stagnation occurred
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due to the reduction of drag force and the liquid phase flowing backward from the end portion. This
phenomenon was more visible at the last branch, far from the inlet. The stagnant bubbles combine
to form larger bubbles and a rotating flow was formed along the stainless steel tube. The total mass
flow rate was 0.26 kg/s, and the flow coefficient (𝐶𝐶𝑣𝑣 ) of the needle valve in each branch tube is fixed
at 1.61. The larger the void fraction at a constant mass flow rate, the faster the average velocity of
the working fluid and the greater the momentum. As a result, more liquid phase reached the rear
part of the header. In addition to the momentum difference, physically the differential pressure from
the header inlet to the header outlet must be the same for any branch tube. Therefore, the gas phase
was distributed less in the branch tube where much of the liquid phase was distributed. Mode 2 is
the case where only two-phase (air-water) flow was supplied at the header inlet and the water
entered from the branch closest to the inlet. The liquid phase supplied at the branch closest to the
inlet acts as flow resistance and prevents the gas phase from flowing to the rear part of the header.
The gas phase slowed down and coalesced to form larger bubbles. Because of the same reason as
in mode 1, air stagnation occurred at the end portion of the header. The larger the void fraction at a
constant mass flow rate, the faster the average velocity of the working fluid and the greater the
momentum. As the momentum of the fluid supplied from the inlet became larger, the liquid phase
supplied from the branch tube was distributed at the rear end of the header. Mode 3 is the case
where two-phase (water-air) flow is supplied at the header inlet and the water entered from the
branch farthest to the inlet. Similar to mode 2, the liquid phase supplied at the branch farthest to the
inlet acted as flow resistance and prevented the gas phase from flowing to the rear part of the header.
As the momentum of the fluid supplied from the inlet became larger, more liquid phase supplied from
the branch tube was distributed to the next branch tube. The distribution unevenness due to the
variation of the void fraction is shown in Table 2 as the maximum difference of the liquid fraction
between the branch tubes.

(a) Flow configuration of mode 1

(b) Flow configuration of mode 2

(c) Flow configuration of mode 3
Figure 6: Flow configuration
Table 2. Maximum difference in the liquid fraction between channels due to the variation of void fraction

Mode 1
Mode 2
Mode 3

Single
phase
2%
1%
1%

Two phase
(α = 0.17)
1%
5%
5%

Two phase
(α = 0.53)
8%
10 %
12 %

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1291

3.2.

Effect of Mass Flow Rate

The void fraction was 0.53, and the flow coefficient (𝐶𝐶𝑣𝑣 ) of the needle valve attached to each branch
tube was fixed at 1.61 and the total mass flow rate was varied as 0.16, 0.21, 0.26 kg/s. By decreasing
the total mass flow rate, the momentum of the liquid phase decreased and the drag force became
weaker. The momentum of the fluid flowing backward at the end portion of the header was also
decreased. Therefore, the distribution of gas phase in the first branch was increased. When the gas
phase was much distributed, the liquid phase was less distributed, because the differential pressure
from the header inlet to the header outlet must be the same for any branch tube. Mode 2 and 3 are
experiments in which the water supplied from the branch tube is assumed to be 1/4 of the total mass
flow rate. By decreasing the total mass flow, the momentum difference between the two-phase
supplied from the inlet and the water supplied from the branch tube decreased. Therefore, the flow
resistance of the liquid phase coming from the branch tube increased. Also, in the case of mode 2,
the gas phase was much distributed to the first branch due to the flow resistance effect. Conversely,
the liquid phase was less distributed to the first branch. In the case of mode 3, the water supplied
from the fourth branch was more distributed to the second branch than the third branch by decreasing
the momentum difference. The distribution unevenness due to the variation of the mass flow rate is
shown in Table 3 as the maximum difference of the liquid fraction between the branch tubes.
Table 3. Maximum difference in the liquid fraction between channels due to the variation of mass flow rate

Mode 1
Mode 2
Mode 3
3.3.

Two phase
(𝑚𝑚̇𝑡𝑡𝑡𝑡𝑡𝑡 = 0.16𝑘𝑘𝑘𝑘/𝑠𝑠)
8%
11 %
9%

Two phase
(𝑚𝑚̇𝑡𝑡𝑡𝑡𝑡𝑡 = 0.26𝑘𝑘𝑘𝑘/𝑠𝑠)
8%
10 %
12 %

Effect of Flow Resistance

The Electronic expansion valve (EEV) is installed between the indoor unit and the refrigerant
distributor. It is used to control the flow rate of refrigerant distributed to the indoor unit. When a single
phase is distributed in a manifold. The manifold shape and pressure drop across the branch tube
dominate the distribution. However, in two-phase flow distribution, not only the flow distribution but
also the phase separation occurs. Because it is not known how the pressure drop in the branch tube
affects phase separation, it is difficult to predict the two-phase flow distribution using only the
information of the pressure drop in the branch tube. Therefore, it is necessary to investigate how the
change in the flow resistance of the branch tube affects the two-phase flow distribution. The
distribution tendency according to the change of the flow resistance is investigated by controlling the
flow resistance of the branch tube where the liquid phase was most distributed. In order to investigate
how the reduced liquid phase is distributed to the other branch tubes when the flow resistance of the
branch tube where the liquid phase was most distributed is increased, the total mass flow rate was
fixed at 0.26 kg/s, the void fraction was fixed at 0.53, and the flow coefficient (𝐶𝐶𝑣𝑣 ) of the needle valve
was changed to 1.61, 1.31, 1.07, and 0.64. The change of the flow rate due to the change of the flow
resistance was not much. Also the liquid fraction in the branch tube, where the most gas phase is
distributed showed little change. In the experiment of Watanabe et al. (1996), the pressure drop from
the branch tube had a greater effect on the distribution when the branch tubes were heated. However,
there was almost no variation of the distribution tendency according to the changes in heating load
on branch tube in the experiment of Vist and Pettersen (2004). This is because the pressure drop
due to the heat load of the branch has small effect on the distribution in the header. In the present
study, the variation of the downstream flow resistance in the branch tube was not sufficient to affect
the distribution in the header.
3.4.

Comparison of Experimental Data and Previous Correlations

Experimental correlations that can predict the phase distribution have been developed in previous
studies, and can be divided into two types. The first type requires iterative calculations both for the
upstream and the downstream. The second type is a correlation which can be easily used only by
upstream information. In this study, the liquid fraction acquired from experiment was compared with
prediction data calculated by the second type correlations. The inlet of the test section used in the
experiment was connected in perpendicular to the header between the first branch tube and second
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branch tube. To apply the correlation developed in the previous research, it was assumed that the
header inlet was parallel to the header. Only the experimental results of mode 1, which is the same
as the existing flow arrangement, were compared with the predicted data by correlations. The form
of the correlation that predicts the distribution is expressed as a function of the gas Reynolds number.
Using the correlation, the flow rate distributed to the branch tube from upstream of the branch tube
was obtained, and the remaining flow was calculated to be the upstream of the other branch tube.
The graph comparing the calculation results with the experimental data is shown in Fig. 7. As a result,
it can be seen that conventional experimental correlations did not satisfactorily predict the two-phase
flow distribution in the refrigerant distributor. The reason for this difference is because the geometry
and flow conditions of present and previous studies were different. In the present study, the header
was inserted with a stainless steel tube simulating a double-pipe heat exchanger, and the position
of the inlet was also different from the previous studies. In addition, the header/branch diameter ratio
(D/d) in present study (D/d = 1.8), which affects the two-phase flow distribution, was significantly
different from previous studies (D/d = 12.9 for Byun and Kim, and D/d = 29.7 for Zou and Hrnjak).
Previous studies were conducted with a mass flux of less than 300kg/𝑚𝑚2 𝑠𝑠, while the present study
was conducted in the range of 1000~2000kg/𝑚𝑚2 𝑠𝑠. There was also difference in flow patterns. In the
present study, mainly dispersed bubbly flow was observed. Previous studies observed churn flow
and separated flow (stratified flow or annular flow). According to Azzorpardi and Whalley (1982), the
phase distributions in the annular flow were strongly influenced by the velocity of the gas phase.
Refrigerant correlations that predict distribution in many manifolds have also been developed in the
separated flow (stratified flow, annular flow). In the separated flow, information of the upstream gas
phase is important because there is friction at the interface between liquid phase and gas phase, but
other parameter should be considered in other flow pattern. Also, In the present study, air-water is
used as a working fluid. However, previous study used refrigerant R134a, and R410A. According to
Zou and Hrnjak (2014), the flow property affects the results of two-phase distribution in the same
experimental conditions. Therefore, the working fluid should be considered while comparing with the
experimental correlation. In addition, since the VRF system has different distances from the
refrigerant distributor to the individual spaces, the flow resistance of downstream is different. In order
to predict the refrigerant distribution in the VRF system, it is necessary to develop a simulation that
reflects not only upstream but downstream information as well.

Figure 7: Comparison of experimental data with correlations

4. CONCLUSION
The present study experimentally investigated the two-phase flow distribution characteristics in a
refrigerant distributor of a VRF system using air-water. The test section was made of acrylic for flow
visualization and the flow was recorded at 2000 frames per second. Experiments were conducted in
horizontal header. The experiment was divided into three experimental modes according to the flow
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arrangement. Two-phase (air-water) flow distribution characteristics were investigated according to
variation of void fraction, mass flow rate, and flow resistance. The two-phase flow maldistribution
increased as the void fraction increased. As the void fraction increased, a large amount of gas phase
was distributed in the branch tube near the inlet, and the liquid phase was distributed in the rear part
of the header. As the mass flow rate decreased, the drag force of the liquid also decreased, so that
the gas phase was distributed to the front part of the header. The change of the void fraction
influenced the distribution more than the change of mass flow rate in the experimental range.
Conventional experimental correlation could not predict the two-phase flow distribution in the
refrigerant distributor due to differences in geometry and flow condition between the present study
and previous studies.

NOMENCLATURE
𝑄𝑄
Volumetric flow rate (m3 s-1)
𝑚𝑚̇
Mass flow rate (kg s-1)
∆𝑃𝑃 Pressure drop (pa)
Cv
Flow coefficient
𝑆𝑆𝑆𝑆
Specific gravity
Greek letters
𝛼𝛼
Void fraction
Subscripts
𝑔𝑔
Gas
𝑢𝑢𝑢𝑢
Upstream
𝑖𝑖
I-th channel

𝑅𝑅𝑅𝑅
𝑆𝑆
𝐷𝐷
𝑑𝑑
𝑈𝑈

Reynolds number
Slip ratio
Hydraulic inner diameter of header (m)
Inner diameter of branch tube (m)
Velocity (m s-1)

𝑙𝑙
𝑏𝑏𝑏𝑏
𝑡𝑡𝑡𝑡𝑡𝑡

Liquid
Branch
Total

𝜌𝜌

Density (kg m-3)
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ABSTRACT
Experimental data for pure R134a, R134a and lubricant RL32H mixture heat transfer and pressure
drop in flow boiling for micro-channels is presented and analyzed. Inlet vapor quality of test section
was changing at 0.2, 0.4, 0.6 to 0.8 with 0.2 quality increase along the tube, mass fraction of lubricant
was changing from 0%, 0.65%, 2.2% to 3.7%, and mass velocity of the pure and mixture varied from
391 to 652 kg s-1 m-2. The experiments have been conducted for average saturation temperature at
5 ºC to 20 ºC. Literatures on two-phase flow boiling heat transfer and pressure drop for both pure
refrigerant and refrigerant with lubricant are carefully reviewed, popular published correlations are
used in this study to evaluate test data. New two-phase flow boiling heat transfer and pressure drop
correlations for pure refrigerant and mixtures inside multi micro-channel tube are proposed.
Key words: R134a, RL32H, Flow Boiling, Heat Transfer, Pressure Drop, Multi-channel, Refrigerant
and Lubricant Mixture, Micro-Channel.

1. INTRODUCTION
The implementation of microchannel heat exchangers has increased in automotive and building air
conditioning systems during the past few decades, due to smaller volume, compact structure, smaller
heat resistance, and smaller refrigerant charge inventory.
Due to the flow distribution among the paralleled channels, the investigation on single mini/microchannel tube could be very different with multi-channels. The flow inside single channel is more
stable and uniform compare to that of multi-channels. Issues like flow instabilities, back flow, possibly
early or delayed critical heat flux, were often found in multichannel study only (Bergles and Kandlikar,
2005; Agostini et al., 2008, Zhu et al. 2017, Wen et al. 2018). Therefore, the study in multi microchannels is necessary to understand the thermal dynamics of flow boiling with interactions among
parallel channels. There are many researcher worked in flow boiling pressure drop testing in multiple
parallel channels for pure refrigerant (Webb, 1996; Monroe, 2003, Newell et al., 2003; Qu and
Mudawa, 2003; Lee and Mudawa, 2005; Cavallini et al., 2005; Zhang et al. 2017). There are also
many flow boiling pressure drop correlations have been developed (Tran, 1999; Lee and Lee, 2001;
Li and Wu, 2011). Recently, Kim and Mudawar (2013) did a critical review on most of the test data
and correlations, and then proposed a universal pressure drop model for pure refrigerant in
mini/micro channels.
In most of current vapor compression processes, the presence of oil is intrinsic and unavoidable
since the oil is required to lubricate the moving part of compressor. The amount of lubricant oil
circulating in the system can vary from 0.1% to 8.0% by weight in the refrigerant flow. In the open
literature, a large amount of papers are involved in the discussion of impaction of oil in refrigerant
system for macro tubes (Shen and Groll, 2003; Pierre et al., 1964; Choi et al., 2001; Hu et al., 2008;
Schlager et al., 1990; Eckels et al., 1994). Although the present of the oil might result in improve
heat transfer at a certain oil concentration and deteriorate heat transfer at most of conditions,
however, the pressure drop results showed an increased when oil becomes part of the flow fluid.
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R134a is widely used in air conditioning systems in both chiller and unitary units. RL32H is an ISO
VG 32 synthetic polyol ester lubricant formulated specifically for air-conditioning compressors. A test
facility was set up to evaluate heat transfer and pressure drop for both flow boiling and condensation
inside mini and micro-channels. In this study, the flow boiling tests were conduct for pure R134a and
R134a with RL32H in multiple rectangular micro-channels. With comparing with existing correlations,
new correlations are recommended for both pure refrigerant and refrigerant lubricant mixture to
match the test data.

2. EXPERIMENTAL APPARATUS
2.1.

Flow Loop

The test facility used in this study shows in Fig. 1. The cycle drives by a refrigerant gear pump,
subcooled liquid refrigerant flows through the pre-heater to heat up to a desired quality, and then
flows through evaporator with certain quality rise, then enters post-heater to become superheated
gas before entering pre-condenser. The refrigerant is pre-cooled to a desired quality at entering of
condenser with constant temperature cooling water or glycol bath, refrigerant is then cooled down to
subcooled liquid flow by post-condenser before a Coriolis mass flow meter and the pump. The preheater, evaporator and post-heater are electronic heaters, and the pre-condenser, condenser and
post-condensers are constant temperature water/glycol bath.
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Figure 1: Schematic of test loop

2.2.

Test Section

Fig. 2 shows the detail of the transient connection which is well shaped from round tube to microchannel tubes. The purpose of the design is to improve the universal flow of the two-phase and
control the flow pattern. The pressure drop of the transient connection is also conducted separately
in the data reduction process.
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Figure 2: Transient tube

Figure 3: RTD location on flat tube

There are twelve platinum resistance thermometers attached on the surface of the each test tube as
showing in Fig. 3, with six of them on the top of the tube and six on the bottom side. They are used
to identify surface temperature for heat transfer coefficient reduction, and help to observe the
distribution of refrigerant flow inside multi-channels. The accuracy of the platinum resistance
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thermometers is better than ±0.1 °C. Fig. 4 shows the cross section detail geometry information of
the 26 ports micro-channel with around 0.6 mm as channel width and 0.7mm as channel height. The
length of the test section is 0.43 m.

Figure 4: Enlarged image of the multiple channel rectangular tube

2.3.

Operating Conditions and Measurement Accuracy

Heat loss from the overall boiling section including pre-heater, evaporator and post-heater is
estimated less than 3.0%, as well as condensing section. The accuracy of the flow rate was better
than 0.5%. The saturated evaporating temperature is within 5 °C to 20 °C, the mass flux of the fluid
is within 100 to 600 kg m-2 s-1, the entering quality of the evaporating test section changes from 0.2,
0.4, 0.6 to 0.8 with a changing quality of 0.2 across test section.
Oil concentrations is measured in the mixture used sample analysis refer to ASHRAE 41.4. The
sample is taken between pump and pre-heater that the liquid flow through. The pipe from pre-heater
until evaporator is straight pipe and a turbulent was installed ahead of evaporator to pre-mix the
refrigerant and lubricant mixture to improve the flow at the entrance of the microchannel tube. The
oil mass concentration in the mixture was controlled to be 0.43%, 2.84% and 4.20%.
The pressure sensors are installed in the system before and after each heaters and condensers with
error less than ±0.5%, five platinum resistance thermometers type of temperature sensors are
inserted into the tubes at: entering pre-heater, leaving evaporator, leaving pre-heater (entering precondenser), entering mass flow meter and entering gear pump, the error is smaller than ±0.1°C. The
other temperature sensors are attached to the surface of the pipes with error smaller than ±0.5°C.
There is also a pressure difference transducer installed across evaporator and condenser section
with error smaller than ±206 Pa.
3. DATA REDUCTION PROCESS
3.1.

Heat Transfer Coefficient

Refer to single tube with rectangular multiple channel, the heat transfer coefficients for pure
refrigerant and refrigerant with lubricant are listed in equations below.
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Where q is heat flux in W/m2. N is number of channels. Wch is single channel width in meter. Ws is
single channel wall thickness in meter. Hch is single channel height in meter. ƞ is channel inner fin
efficiency. Tw is inner wall temperature of test channel in oC. Tsat is saturated refrigerant
temperature flow inside channel in oC. Tbub,r,o is the bulb temperature of refrigerant and lubricant
mixture in oC. The fin efficiency is calculated in following: ƞ =
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conductivity of aluminum channel in W/(m*K). The mixture properties are calculated in following:
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Where Psat is the mixture saturated pressure in kPa, ωloc is local lubricant mass concentration in
mixture and calculated in equation 3. For different refrigerant and lubricant mixtures, a1- a4, b1- b4
would not change. When no lubricant exist in refrigerant, properties is calculated by pure
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refrigerant for a0 and b0.For R134a and lubricant mixture, a0 - a4 is -2665.2，182.52，-724.21，
3868.0，-5268.9, and b0- b4 are 8.53257，-0.72212，2.3914，-13.779，17.066。
_`@

𝜔W<X =

Eq. (3)

-3a

Where x is gas refrigerant mass fraction in mixture, ωno is lubricant mass fraction in mixture, which
can get from chemical test.
Eq. (4)

𝑇b = 𝑇bc ≈ 𝑇b<

Where Tw is tube wall temperature in oC, Twi is inner tube wall temperature in oC and Two is outer
tube wall temperature in oC. Since the tube wall thickness is 0.3mm, the inner and outer tube-wall
temperature difference is less than 0.05 oC based on thermal conductivity calculation, which is
smaller than the measurement accuracy of RTDs. Therefore, this study consider the temperature at
inner wall is very close to outer wall of the average of test temperature from point 5, 6, 7, 8.
3.2.

Pressure Drop

Total pressure drop is presented as equation 5, which including pressure drops: constriction from
transfer connection to microchannel tube ΔPc, expansion from microchannel tube to transfer
connection ΔPe, channel ΔPch, entering and leaving transfer connection ΔPrestr.
Eq. (5)
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Where, the coefficient 𝐶X comes from the study of Geiger, and mass flux Gch is calculated based on
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The pressure drop in microchannel including friction part and acceleration part:
Eq. (8)
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Where, used Lockhart and Martinelli (1949) void fraction model to calculate acceleration part:
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Applying water into transaction header for testing, use Churchill (1978) pressure drop correlation to
kl

calculate single phase part, and the rest pressure drop is presented as: ∆𝑝"gi$" = 9“ 𝜁.
”

4. TEST DATA ALALYSIS
4.1.

Test Points on Flow Pattern Map

The test points for both pure R134a and R134a with RL32H are plotted on two different flow pattern
maps on Figs. 5 and 6, which shows most of the points fall into annual flow region. The present of
lubricant in refrigerant contribute to move the flow pattern towards annual flow.
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a) Triplett et al. (1990) and Revellin et al. (2006)
b) Ong and Thome (2010a)
Figure 5: Test point of pure R134a on flow pattern maps

a) Triplett et al. (1990) and Revellin et al. (2006)
b) Ong and Thome (2010a)
Figure 6: Test point of R134a and RL32H on flow pattern maps

4.2.

Frictional Pressure Drop for Pure R134a

a) Channel frictional pressure drop
b) Compare with literatures
Figure 7: Frictional pressure drop test points for pure R134a

a) Friedel(1979)

b) Lockhard and Martinelli(1949)

c) Li and Wu(2011)
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d) Tran(1999)

e) Lee and Lee(2001)
f) Kim and Mudawar(2013)
Figure 8: Friction factor correlation comparison

The microchannel friction pressure drop changing with entering quality and mass flux is presented
in Fig. 7-a, and comparison with other published literature data in different channel size in Figure 7b shows the test data is in a reasonable range.
Apply different two-phase friction factor correlations in the test condition and compare with test data
are presented in Fig. 8, where Kim and Mudawar (2013) correlation shows the best match with test
data and the author decided to use the same correlation for pure R134a in this study.
4.3.
Heat Transfer for Pure R134a
The pure R134a heat transfer coefficients changing with entering quality at different mass flux and
heat flux level are presented in Figure 9. Based on the test data, the dry-out happens very clearly
after entering quality higher than 0.6.

a) Different mass flux
b) Different heat flux
Figure 9: Heat Transfer Coefficients change with mass and heat flux

4.3.1 Dry-out for Pure R134a
There are several researchers studied the boundary of dry-ut in the two-phase refrigerant flow. Via
applying these correlations to the test conditions in this study and compare to test data, the results
are presented in Figure 10 as following:

a) Kim and Mudawar(2013)
b) Du(2010)
c) Cheng(2008)
d) Cheng(2006)
Figure 10: Correlation Comparison for Dry-out Conditions

Due to the poor alignment with existing dry-out prediction correlations, the author proposed a new
correlation to address test points as equation 11 and 12 below. Here, hM is mist flow heat transfer
coefficient and equal to gas phase heat transfer coefficient.
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Figure 11: New Proposed Correlation for Dry-out Conditions

4.3.2 Heat Transfer Correlation for Pre dry-out conditions for Pure R134a
For pre dry-out condition, there are many researchers proposed correlations for heat transfer,
apply them to current test data and present comparison results in Figure 12. There is no well
match with current test data, so the author proposed a new correlation in equation 13-15.

a) Kim and Mudawar(2013)

b) Li and Wu(2011)

c) Tran(1996)

d) Warrier(2002)
e) Oh and Son(2011)
f) Bertsch(2009)
Figure 12: Heat Transfer Correlation Comparison for Pre Dry-out Conditions

Figure 13: Proposed Heat Transfer Correlation Prediction Compared with Test Data
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The comparison of test data and new

Channel Frictional Pressure Drop for R134a and RL32H

a) G = 391 kg/m-2 s-1

b) G = 427 kg/m-2 s-1

c) G = 471 kg/m-2 s-1

d) G = 540 kg/m-2 s-1
e) G = 600 kg/m-2 s-1
f) G = 652 kg/m-2 s-1
Figure 14: Channel Pressure Drop Change with Variant Parameters
The author proposed a new frictional pressure drop correlation as presented in Equation 16.
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Figure 15: Channel Pressure Drop Correlation Prediction Compare to Test Data

4.5.

Heat Transfer for R134a and RL32H

The author proposed a new heat transfer correlation presented in Equation 17-19. And the
comparison between prediction from the new correlation and test data is present in Fig. 17.

a) G = 391 kg/m-2 s-1

b) G = 427 kg/m-2 s-1

c) G = 471 kg/m-2 s-1

d) G = 540 kg/m-2 s-1
e) G = 600 kg/m-2 s-1
f) G = 652 kg/m-2 s-1
Figure 16: Heat Transfer Coefficient Change with Variant Parameters

Figure 17: Heat Transfer Correlation Prediction Compare to Test Data
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5. CONCLUSIONS
The author proposed heat transfer correlations for both pure R134a and R134a with RL32H, as well
as frictional pressure drop for R134a and RL32H in this study, and the predicted data matches well
with test data in this study.
NOMENCLATURE
Parameters:
Area, m2
A

Q

Heat Transfer, W

R

Heat Resistance, m2 K W-1
Reynolds Number
Liquid Surface Reynold
Number, ReÈ = G(1 − x) D‰ ⁄µÈ

Bd
Bo

Bond Number
Boiling Number

Re

Ref

Cp

Lockhart-Martinelli Coefficient，
Capacity rate (W K-1)
Specific Heat, J kg-1 K-1

Refo

D

Diameter, m

Reg

Dh

Hydronic diameter, m

S

f

Fanning friction factor
Froude Number
Mass flux, kg m-2 s

Su
T

C

Ft
G

We

x

Reynolds Number based on
pure liquid property, ReÈÎ =
G D‰ ⁄µÈ
Gas Surface Reynolds
Number, ReÏ = Gx D‰ ⁄µÏ
Split ratio between refrigerant
liquid and gas
Suratman Number
Temperature, ºC
Weber Number
Quality, Average Quality
Non-dimensional Coefficient
Lockhart-Martinelli Coefficent

g
h
hÑÒ

Gravity Acceleration, m s
Specific Enthalpy, kJ kg-1
Latent heat, kJ kg-1

L

Length, m

a

m

Mass flow rate, kg/s
Confinement Number
Pressure, Pa

e

Saturated Pressure, Pa

𝜁

Pressure drop coefficient

Pressure Drop, Pa

l

Heat Conductivity, W m-2 K-1

Heat Flux, W m

D

Difference

Air, acceleration
Annual flow
Constriction

oil
restr
rest

Lubricant, oil
Restriction
Rest in the system

Nconf
p

p sat
∆𝑃
”

qH

-2

-2

X

X tt

r

x

Heat Transfer Coefficient， W
m-2 K-1
Void Faction Factor
Density, kg m-1
Refrigerant concentration in
mixture，%

Subscript:
a
ann
c
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ch
e
f
g
gas

Channel
Entrance
Fluid, friction
Gas
Refrigerant gas

s
strat
ref
tp
tt

in

Inlet

tv

it
k
l
liq

Inlet tube
Liquid (f) or gas (g)
Leaving, Refrigerant liquid
Liquid Flow Patten

v
vo
vap
vt

lo

Local

vv

no

Nominal

w

Slag flow
Stratified flow
Refrigerant
Two Phase
Liquid turbulent – Gas
turbulent flow
Liquid turbulent – Gas laminar
flow
Refrigerant gas
Refrigerant gas only
Vapor Flow Patten
Liquid laminar– Gas turbulent
flow
Liquid laminar– Gas laminar
flow
Wall

REFERENCES
Agostini, B., Thome, J. R., Fabbri, M., Michel, B., Calmi, D., Kloter. U., 2008. High heat flux flow
boiling in silicon multi-microchannels – Part I: Heat transfer characteristics of refrigerant
R236fa. International Journal of Heat and Mass Transfer 51 (2008) 5400–5414.
Beattie, D.H., Whalley, P.B., 1982. Simple two-phase frictional pressure drop calculation method,
International Journal of Multiphase Flow 8 (1982) 83–87.
Bergles, A.E., Kandlikar, S.G., 2005. On the nature of critical heat flux in microchannels, J. Heat
Transfer 127 (2005) 101–107.
Bertsch, S.S., Groll, E.A., Garimella, S.V., 2009. A composite heat transfer correlation for saturated
flow boiling in small channels[J], Int. J. Heat Mass Transfer, 2009, 52:2110-2118.
Cavallini, A., Col, D.D., Doretti, L., Matkovic, M., Rossetto, L., Zilio, C., 2005. Two-phase frictional
pressure gradient of R236ea, R134a and R410A inside multi-port mini-channels,
Experimental Thermal and Fluid Science 29 (2005) 861–870.
Cheng, L. , Ribatski, G., Wojtan, L., 2006. New flow boiling heat transfer model and flow pattern
map for carbon dioxide evaporating inside horizontal tubes[J], Int. J. Heat Mass Transfer,
2006, 49:4082-4094.
Cheng, L., Ribatski, G., Quibén, J.M., 2008. New prediction methods for CO2 evaporation inside
tubes: part I – a two-phase flow pattern map and a flow pattern based phenomenological
model for two-phase flow frictional pressure drops [J], Int. J. Heat Mass Transfer, 2008, 51:
111-124.
Choi, J.Y., Kedzierski, M.A., Domanski, P.A., 2001. Generalized pressure drop correlation for
evaporation and condensation in smooth and micro-fin tubes, In: Proc. Of IIF-IIR
Commision B1, Paderborn, Germany, B4 (2001) 9-16
Collier, J.G., Thome, J.R., 1994. Convective Boiling and Condensation. Third ed., Oxford
University Press, New York.
Ducoulombier, M., 2010. Ébullition convective du dioxyde de carbone – étude expérimentale en
micro-canal[D], Institut National des Sciences Appliquées (INSA) de Lyon, France.
Eckels, S.J., Doerr, T.M., Pate, M.B., 1998. A comparison of the heat transfer and pressure drop
performance of R134a-lubricant mixtures in different diameter smooth tubes and micro-fin
tubes, ASHRAE Trans., 104(1A) (1998) 376-386.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1305

Enio, P. F., Chen, L., Thome, J.R., 2009. Flow boiling characteristics and flow pattern visualization
of refrigerant/lubricant oil mixture. International journal of refrigeration 32 (2009) 185-202.
Etienne, C-P, Jonathan, O., Bogdan, A. N., Bruno, M., John, R.T., 2011. Two-phase flow of
refrigerants in 85 µm-wide multi-microchannels: Part I – Pressure drop. Heat and Fluid
Flow 32 (2011) 451-463.
Friedel, L., 1979. Improved friction pressure drop correlations for horizontal and vertical two-phase
pipe flow, in: European Two-phase Group Meeting, Ispra, Italy, 1979, Paper E2.
Geiger, G.E., 1964. Sudden contraction losses in single and two-phase flow, Ph.D. Thesis,
University of Pittsburgh, PA.
Hu. H., Ding, G., Wei, W., Wang, Z., Wang, K., 2008. Heat transfer characteristics of R410A-oil
mixture flow boiling inside a 7mm straight smooth tube. Exp. Therm. Fluid Sci. 32 (3), 857
869.
Incropera, F.P., Dewitt, D.P., 2002. Fundamentals of Heat and Mass Transfer, fifth ed., Wiley, New
York.
Kim. S. M., Mudawar. I., 2013. Universal approach to predicting two-phase frictional pressure drop
for mini/micro-channel saturated flow boiling, Int. J. of Heat and Mass Transfer 58 (2013)
718-734.
Lee, H.J., Lee, S.Y., 2001. Pressure drop correlations for two-phase flow within horizontal
rectangular channels with small heights[J], Int. J. Multiphase Flow, 2001, 27(5):783-796
Lee, J., Mudawar, I., 2005. Two-phase flow in high-heat-flux micro-channel heat sink for
refrigeration cooling applications: Part I – pressure drop characteristics, Int. J. Heat Mass
Transfer 48 (2005) 928–940.
Li, W., Wu, Z., 2011. Generalized adiabatic pressure drop correlations in evaporative micro/mini
channels, Exp. Therm. Fluid Sci. 35 (2011) 866–872.
Lockhart, R. W., Martinelli, R. C., 1949. Proposed Correlation of Data for Isothermal Two-Phase,
Two-Component Flow in Pipes, Chemical Engineering Progress, 1949, 45(1):39-48.
Churchill, SW., 1977. Friction-factor equation spans all fluid flow regimes. Chem Engng
1977,7:91–2.S.-M.
Monroe, C.A., Newell, T.A., Chato, J.C., 2003. An experimental investigation of pressure drop and
heat transfer in internally enhanced aluminum microchannels, Report No. ACRC TR-213,
Air Conditioning and Refrigeration Center, University of Illinois at Urbana-Champaign.
Oh, H.K., Son, C.H., 2011. Evaporation flow pattern and heat transfer of R-22 and R-134a in small
diameter tubes[J], Int. J. Heat Mass Transfer, 2011, 47:703-717.
Ong, C.L., Thome, J.R. 2011. Macro-to-microchannel transition in two-phase flow: part 1: two
phase flow patterns and film thickness measurements[J]. Exp. Therm. Fluid Sci. 2011a, 35:
37-47.
Pierre, B., 1964. Flow resistance with boiling refrigerant-part I, ASHRAE J 6(9) (1964) 58-65.
Qu, W., Mudawar, I., 2003. Measurement and prediction of pressure drop in twophase micro
channel heat sinks, Int. J. Heat Mass Transfer 46 (2003) 2737–2753.
Revellin, R., Thome, J.R., 2007. A new type of diabatic flow pattern map for boiling heat transfer in
microchannels[J]. J. Micromech. Microeng. 2007a, 17:788-796.
Schlager, L. M., Pate, M.B., Bergles, A.E., 1989. Heat transfer and pressure drop performance of
smooth and internally finned tubes with oil and refrigerant 22 mixtures, ASHRAE Trans.,
95(2) (1989) 160-169.
Shah, R.K., London, A.L., 1978. Laminar Flow Forced Convection in Ducts: A Source Book of
Compact Heat Exchanger Analytical Data, Academic Press, New York, 1978 (Suppl.1).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1306

Shen, B., Groll, E. A., 2005. A Critical Review of the influence of lubricants on the heat transfer and
pressure drop of refrigerant, Part I: Lubricant influence on pool and flow boiling. HVAC & R research,
2005, 11,3.
Thome, J.R., 2004. Engineering Data Book III. Wolverine Tube Inc. (Chapters 15 and 16), 2004.
Tran, T., Chyu, M-C., Wambsganss, M., 1999. Two-phase pressure drop of refrigerants during flow
boiling insmall channels: an experimental investigation and correlation development[C]. In: Shah RK,
editor. Compact heat exchangers and enhancement technology for the process industries. New
York: Begell House, 1999:293-302.
Tran, T.N., Chyu, M.C., Wambsganss, M.W., France, D.M., 2000. Two-phase pressure drop of
refrigerants during flow boiling in small channels: an experimental investigation and correlation
development, Int. J. multiphase Flow 26 (2000) 1739–1754.
Triplett, K.A., Ghiaasiaan, S.M., Abdel-Khalik, S.I., 1999. Gaseliquid two-phase flow in
microchannels part I: two-phase flow patterns[J]. Int. J. Multiphase Flow, 1999a, 25:377-394.
Warrier, G.R., Dhir, V.K., Momoda, L.A., 2002. Heat transfer and pressure drop in narrow rectangular
channels, Exp. Therm[J]. Fluid Sci., 2002, 26:53-64.
Wen, T., Zhan, H.b., Lu, L., Zhang, D.l., Experimental Investigation and Development of New
Correlation for Flow Boiling Heat Transfer in Mini-channel. International Journal of Thermal
Sciences. 2018.
Yang, C.R., Webb, R.L., 1996. Friction pressure drop of R-12 in small hydraulic diameter extruded
aluminum tubes with and without micro-fins, International Journal of Heat and Mass Transfer 39
(1996) 801–809.
Zhang, B., Wang, Y., Zhang, J.q., Li, Q.L., Experimental research on pressure drop fluctuation of
two-phase flow in signle horizontal mini-channels. Exprimental Thermal and Fluid Science. 2017.
160-170.
Zhu, Y., Wu, X.m., Zhao, R. R32 flow boiling in horizontal mini channels: Part II. Flow-pattern based
reduction method for heat transfer and pressure drop. International Journal of Heat and Mass
Transfer. 2017, 1233-1244.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1307

Manuscript ID: 954
DOI: 10.18462/iir.icr.2019.0954

Experimental investigation on the super-cooling effect of fluids
confined in non-metallic vessels using pure water and silicon
carbide
Gund SEBASTIAN(a), Kauffeld MICHAEL(a)
(a) University of Applied Sciences Karlsruhe
Karlsruhe, 76133, Germany, sebastian.gund@hs-karlsruhe.de

ABSTRACT
One of the main challenges of ice slurry application is its production. Research with special focus on
energy efficient production of ice slurries leads to the application of the supercooling phenomenon
where a liquid is cooled below its freezing point without crystallization in the heat exchanger. The
key parameter, that needs to be improved for a high applicability of this technology, is the degree of
supercooling. Crystallization theory states, that the interface between a crystallizing fluid and a
substrate has great impact on the achievable amount of supercooling. Silicon carbide seems to offer
ideal properties as wall material. Pure water is confined in a vessel made of silicon carbide and
cooled until crystallization occurs. As reference, the same experiment is done simultaneously with
pure water confined in a glass and a copper vessel. The results of this study show the influence of
the surface material on the degree of supercooling.
Keywords: ice slurry, supercooling, material, silicon carbide, water.

1. INTRODUCTION
The research on renewable energies is more present than ever before and shows an increasing
trend. In order to fully utilize the potential of renewable energies, energy storage systems are needed
due to the naturally occurring fluctuations in wind and solar energy. This leads to thermal energy
storage for refrigeration applications. A good argument for energy storage is the decoupling of
production and consumption.
In addition to increasing overall stability, this enables the production of cold energy at night, when
the ambient temperature drops and energy prices are lower. A good side effect can be the peak load
reduction of cooling systems during short periods of high demand. If large amounts of energy need
to be stored without increasing the size of the storage tank, phase change materials (PCMs) can be
chosen, using the latent heat of fusion and not just the sensible heat alone.
A relatively cheap and non-toxic PCM that is often used is ice. Pure ice storage systems have one
disadvantage - a low output due to limited heat transfer through the ice. Only a relatively small heat
exchanger surface can be exposed to the ice. In order to counteract these problems, ice slurry can
be used. Since ice slurry is a mixture of many ice particles with a diameter of 0.1 mm to 1 mm and
a carrier liquid, the effective total surface area is larger than that of pure ice. This results in a higher
discharge performance and also allows the ice to be pumped instead of serving as a stationary
storage material alone. By changing the carrier fluid, the usable temperature range of the ice slurry
can be adjusted. (Egolf and Kauffeld, 2005; Kauffeld et al., 2005)
Although ice slurry has a better performance than solid ice, it has the disadvantage of initial
production. In the past, many production methods for ice slurry have been developed. (Chibana et
al., 2002; Fumoto et al., 2015; Fumoto et al., 2013) A selection: Direct contact evaporation
(Wijeysundera et al., 2004), vacuum freezing of water (Safarik M. et al., 2016) or the use of inductive
heating to remove ice from a heat exchanger surface (Schaaf and Kauffeld, 2018). The most
common method for producing ice slurry are scraped surface evaporators (Stamatiou et al., 2005).
An energy-efficient process for the production of ice slurry is to cool water below its freezing
temperature, whereby it initially remains liquid without crystallizing. (Inaba et al., 1994) Crystallization
is then initiated in a crystallizer. Because of the heat of fusion induced in the remaining liquid, the
water does not freeze completely and ice slurry forms directly from the supercooled liquid. The
energetic advantage of this method is that relatively high evaporation temperatures can be used
compared to scrapers. In addition to pumps and a refrigeration system, which are also necessary for
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all other production methods, no other moving parts are involved in the production of ice slurry with
the supercooling method. The disadvantage of the supercooling method is that crystallization follows
a statistical process. Crystallisation can take place at any time as long as the temperature of the
liquid remains below the freezing temperature. This also includes the heat exchanger in which the
water is subcooled. This leads to blocking of the supercooler, which then has to be defrosted.
The stability of this process has numerous influencing factors. (Hozumi et al., 2002; Inaba et al.,
1998; Liu et al., 2015) One of them is the interface between the brine and the heat exchanger wall.
In order to increase the stability of the process and to equate the method of supercooled brine with
scraped surface evaporators, it is important to investigate exactly this interface. The aim of this study
is to find a suitable wall material for heat exchangers that reduces the probability of crystallization by
using a material with a different crystal structure than ice. For a first study, silicon carbide is selected
and compared to copper.

2. SUPERCOOLING EFFECT IN FLUIDS
All fluids undergo supercooling before solidification (nucleation). The supercooling of a fluid can be
expressed by the degree of supercooling ∆𝑇, where ∆𝑇 = 𝑇𝑠 − 𝑇, with the melting temperature 𝑇𝑠 and
the current temperature of the fluid 𝑇.
A distinction can be made between homogeneous and heterogeneous nucleation. Homogeneous
nucleation describes the solidification of the pure fluid within itself. In heterogeneous nucleation, a
substrate is always present whose surface favors nucleation. For this reason, the maximum
achievable degrees of supercooling for homogeneous and heterogeneous nucleation differ greatly
from each other. For pure water, the thermodynamically calculated maximum supercooling is about
∆𝑇𝑚𝑎𝑥 = 42 K. A homogeneous nucleation can be excluded in real applications, therefore the
achieved supercooling degrees are significantly lower. For a technical process, an achievable
supercooling of ∆𝑇𝑡𝑒𝑐ℎ = 4 K can be assumed. (Bédécarrats et al., 2010; Wang et al., 2016).
The supercooled state is not a thermodynamic equilibrium state but a metastable state which the
fluid must leave to solidify. However, every thermodynamic system strives to achieve a state of
equilibrium and thus minimise its system energy. For the investigation of nucleation in an isobaric
and isothermal state, it is useful to describe the change in system energy with the change in Gibbs
energy ∆𝐺. (Fisher et al., 1948) Assuming that random ice-like structures (germs) permanently form
in the supercooled fluid due to fluctuation, which have a sphere-like shape with radius 𝑟, the change
of the Gibbs energy of the system can be expressed as follows:
4

∆𝐺(𝑟) = 4𝜋𝑟 2 𝜎 − 3 𝜋𝑟 3 ∆𝐺𝑣

Eq. (1)

𝜎 is the interfacial energy between fluid and the forming crystal and ∆𝐺𝑣 is the energy change through
the formation of a crystal, which can be expressed by the heat of fusion 𝐿𝑓 as follows:
∆𝐺𝑣 =

𝐿𝑓
𝑇

∆𝑇

Eq. (2)

For germs with a small radius, the positive first term of Eq. (1) prevails, which would result in an
increase of the system energy. This counteracts the efforts of the system to reach an energy
minimum. The result is that the germ decays again.
Only if by chance a germ is formed which is large enough, the second term in Eq. (1) predominates
and the change of the system energy becomes negative. Then it is thermodynamically more
favourable for the germ to continue growing.
By differentiation from Eq. (1) to 𝑟 the critical radius 𝑟 ∗ of a germ can be found. With the critical radius
and Eq. (1) the Nucleation barrier ∆𝐺 ∗ is given by:
∆𝐺 ∗ =

16𝜋𝜎 3 𝑇𝑠
3𝐿𝑓 ∆𝑇 2

Eq. (3)

The relationships mentioned above initially refer only to homogeneous crystallization. To describe a
heterogeneous crystallization, Eq. (1) must be supplemented by the portion caused by the influence
of the surface. A selection of surface mechanisms that can have an influence on crystallization is
shown in Fig. 1.
Case a) in Fig. 1 schematically illustrates the influence of surface roughness. Water molecules can
be seen which come together to form an ice crystal which begins to grow in a notch on the surface.
There are investigations that establish a connection between surface roughness and supercooling,
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but only consider the macroscopic case. (Ernst and Kauffeld, 2016; Faucheux et al., 2006) In a
microscopic case, the notch opening angle is of great importance. (Campbell et al., 2015) Due to an
inappropriate notch angle, the water molecules cannot arrange themselves in a regular ice structure
and thus crystallization is inhibited. Case b) shows the crystal structure of the surface and the ice
crystal. If these are congruent, crystallization is promoted. There are studies for this mainly from
meteorology. For example, silver iodide can be used to trigger a crystallization. Case c) shows an
inappropriate crystal structure which inhibits the tendency to crystallize. As the molecules of
substrate and ice crystal do not fit together, a mechanical stress is induced in the ice crystal during
crystallization, which has to be overcome in addition to the (homogeneous) nucleation barrier.
(Okawa et al., 2006) Vonnegut showed this as early as 1947. This allows the Gibbs energy to be
extended by the term for the induced stress in the ice crystal and leads to it:
4

∆𝐺(𝑟) = 4𝜋𝑟 2 𝜎 − 3 𝜋𝑟 3 ∆𝐺𝑣 + ∆𝐺𝑠

Eq. (4)

∆𝐺𝑠 is the part caused by the plastic deformation of the ice crystal during crystallization. In the search
for materials which have both sufficient deviation of their crystal structure from ice and a similar heat
conduction as common materials used for heat exchangers, a first selection fell on silicon carbide.

Figure 1: Influence mechanisms on the crystallization tendency
of supercooled fluids: a) roughness, b) suitable crystal structure,
c) unsuitable crystal structure

3. TEST SETUP AND EXECUTION
The experimental setup (Fig. 2) consists of a specimen holder immersed in a circulating thermostat.
The sample holder consists of two parallel polyvinyl chloride plates with a thickness of 12 mm, which
can be clamped against each other with four screws. In the sample holder, two pieces of silicon
carbide, copper and glass tube are clamped, sealed from above and below and stand vertically in
the temperature bath. The samples have an outer diameter of 14 mm, a length of 100 mm and a wall
thickness of 2 mm. In the upper side of the sample holder there is a hole through which temperature
sensors can be inserted exactly in the middle of the tube, as well as a second hole which allows the
expansion of the water during crystallization.
Initially, only one of the two samples was fitted with an internal temperature sensor and the internal
temperature of the sample was determined from the reference sample by measuring and comparing
the external wall temperature. In this way it can be made sure that the surface of a temperature
sensor mounted in the tube has no influence on the crystallization.
It can also be excluded that a possible crystallization starts at the upper side of the sample cover,
because, as can be seen in Fig. 2, this is located outside the cold bath and therefore does not
experience any cooling. Crystallization cannot take place at the bottom of the sample holder either,
because in preliminary tests the temperature in the polyvinyl plate was determined over the duration
of the test and was above the freezing point.
For the experiments, all samples are cleaned with acetone and rinsed with pure water, clamped in
the sample holder, filled with 7 ml pure deionized water and equipped with temperature sensors. The
temperature bath is tempered to 10 °C and the sample holder is inserted so that the liquid filling of
the bath ends 1 cm below the upper sample cover.
The following cycles are run 33 times:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1310

1. Cooling down to -10 °C, -6 °C, -4 °C
2. 600 s maintaining the temperature
3. Heating to 10 °C
4. 600 s maintaining the temperature

Figure 2: Schematic representation of the experimental setup for
determining the crystallization tendency of various pipe samples
in a temperature bath

A cycle always starts at 10 °C. To ensure that all samples are ice-free, this temperature is maintained
for 600 s. After the upper holding time, the cooling phase begins. Three different cooling
temperatures are investigated (-10 °C, -6 °C and -4 °C). The cooling rate is 0.5 K/min in all test series
and all cycles. After the cooling phase, the lower holding time of also 600 s begins, followed by the
warm-up phase until the initial temperature of 10 °C is reached again and the next cycle begins.
PT100 resistance thermometers are used to measure the temperatures. The measuring section is
calibrated to ±0.1 K with a Fluke block calibrator. The resistance values are measured with an Agilent
34980A data acquisition device.

4. RESULTS AND DISCUSSION
Fig. 3 shows an example of a temperature curve of the samples in the cold bath over a cycle at a
cooling temperature of -10 °C. It can be seen that the samples are completely defrosted when a bath
temperature of 10 °C is reached. The curve for the sample SiC_2 shows that the sample only thaws
completely after about 400 s, because then the temperature of the sample begins to rise and adapt
to the bath temperature. After 3100 s it is clearly visible that the sample crystallizes and its
temperature jumps to the freezing point.
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Fig. 4 shows the crystallization events of the series of measurements with cooling temperatures of
-4 °C and -6 °C. Two copper, two glass and two silicon carbide samples were examined. During the
cooling phase, no samples crystallized. Only during the holding time crystallization events could be
detected.

Figure 3: Cooling curves of the sample tubes in the cooling bath over 4700 s, figure corresponds to
one cycle

Measuring series -4 °C:
The sample Cu_1 crystallized in the fourth cycle. For the remaining samples, no crystallization could
be detected in any cycle.
Measurement series -6 °C:
In the Cu_2 sample, crystallization was observed in the tenth and fourteenth cycles. The remaining
samples remained crystallization-free.
Fig. 5 shows the series of measurements with a cooling temperature of -10 °C. None of the samples
crystallized during the lower holding time, all samples crystallized during the cooling process in each
cycle. The figure shows the averaged crystallization temperatures of the samples. The error bars
correspond to the respective standard deviations. It can be seen that the samples SiC_1 and SiC_2
crystallize at a lower temperature than the samples for copper and show a lower scattering.
There are therefore indications that the thesis that a changed crystal structure has a positive effect
on supercooling can be confirmed. However, a comparison with the literature is difficult because
comparative data are missing or the experimental conditions of these sources are not sufficiently
described. (Gorbenko et al., 2002; Ronceray and Harrowell, 2017; Vonnegut, 1947) However, the
same tendency can always be observed that initiated the experiments with silicon carbide.

5. CONCLUSION
This work deals with the influence of the surface material on the supercooling of pure water. Three
different materials (copper, glass and silicon carbide) were tested. In this thesis the surface
roughness was not considered. Due to the lower dispersion of the crystallization events of silicon
carbide at low cooling temperatures and the lower crystallization tendency at higher cooling
temperatures, it could be confirmed that the surface structure also has an influence on supercooling
and that silicon carbide is a good alternative to copper. As follow up further investigation especially
considering the microscopic structure of the chosen specimen is needed.
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Figure 4: Crystallization temperatures of pure water in two test tubes each of copper and silicon
carbide, 33 cycles. 10 °C and 600 s holding time, cooled down to -4 °C or -6 °C and 600 s holding time

Figure 5: Crystallization temperatures of pure water in two test tubes each of copper and silicon
carbide, 33 cycles. 10 °C and 600 s holding time, cooled down to -10 °C and 600 s holding time
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NOMENCLATURE
𝐺
𝜎
𝐿
𝑟
𝑇

Gibbs energy (J)
interfacial energy (J·m2)
heat of fusion (J)
Radius (m)
Temperature (K)
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ABSTRACT
As the cooling load increases due to global warming, it is necessary to develop technologies that
can replace the conventional vapor compression cycle. One alternative is a membrane heat pump.
In this paper, we studied about vacuum membrane dehumidification (VMD) systems which can
separate only vapor from humid air. Dehumidification COP of each typical VMD systems are
calculated and compared, respectively. After this, unconventional air conditioning system which
latent heat removal part and sensible heat removal part are separated is constructed. Because the
latent heat is removed first with dehumidification, the energy consumption for cooling is reduced so
it is more efficient than conventional air conditioner. From the simulation, COP of air conditioner with
dense membrane is calculated as 8.59. The simulation process and result can help construct the
proper air conditioner with dense membrane, in reality.
Keywords: Membrane, Vacuum Membrane Dehumidification, Vacuum Compressor,
Dehumidification COP, Air Conditioning.

1. INTRODUCTION
Most widely used technology for cooling was vapor compression cycle about 100 years. In vapor
compression cycle, the refrigerant moves heat by compressing, condensing, expanding and
evaporating. It can supply space cooling to maintain a comfortable environment within buildings.
Since vapor compression cycle was started to use for artificial cooling, many researchers tried to
improve its efficiency and it contributed greatly to energy savings so far.
However, it is not enough to satisfy increasing cooling demand due to the improvement of a standard
of living. Heating, ventilation and air conditioning (HVAC) system is regarded as an important
technology and it accounts for almost 40% of global energy consumption (Ben (2011)). Moreover,
conventional refrigerants used in vapor compression cycles cause global climate change and the
ozone layer depletion when they are released to the atmosphere.
Some alternative refrigerants have low global warming potential, but they still have toxicity, low
efficiency, and high equipment cost. To approach this problem by the new way, alternative systems
are considered to replace classical vapor compression cycle.
Building Technologies Office in U.S Department of Energy starts to find alternative technologies for
vapor compression (US Department of Energy (2014)). They selected 17 candidate technologies
and evaluated them by technical energy saving potential, installation and operational cost, system
complexity and realization possibility, etc. Among them, the membrane heat pump, which was
ranked second, provides cooling and dehumidification by transferring moisture across the membrane.
It can be applicable to cooling for residential and commercial buildings in all climate regions but
needs additional study yet.
In this study, three types of vacuum membrane dehumidification are studied and their
dehumidification COP was simulated under several conditions. Simulation results were analysed
and compared, respectively. Moreover, the air conditioner was constructed by combining the vacuum
membrane dehumidification system and cooling cycle, and the performance was analyzed, too.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1316

2. MEMBRANE THEORY
A membrane, selective barrier used to separate one species from another, is classified by the existence
of pores (Woods (2014)). The porous membrane consists of approximated 0.1 μm pores. A typical
hydrophobic porous membrane is usually made of polymer and utilized to separate gas out of liquidgas mixture since the membrane only allows gas to pass through owing to the hydrophobic
characteristic. On the contrary, dense membrane consists of ion nanochannels without actual pores, so
only selected gas can pass through those channels from gas-gas mixture. The driving force for
transferring the water vapor through the membrane is the vapor pressure difference between the each
side of membrane (feed side and permeate side). Even if permeate side’s absolute pressure is higher
than feed side’s, water vapor can move along ions from the feed side to permeate side when the vapor
pressure of feed side is higher than permeate side.
When specific material is separated continuously, the concentration polarization phenomenon that
the concentration of the material near the membrane becomes lower than the initial state occurs. In
the water vapor separation process, there is not concentration polarization on the permeate side
because only vapor can pass through the membrane. At first, the water vapor distributes evenly but
the concentration near the surface gradually decreases as the separation takes place. As a result,
the concentration gradient to transfer the material disappears and separation performance is
degraded. The lowered concentration area is called the boundary layer and it acts as the resistance
to the separation. The polarization problem can be solved when this layer should be minimized.
However, it can be assumed that the concentration polarization has less effect during the gas
separation process because the gas has a high diffusion coefficient (Baker (2013)). This problem
can also be controlled when the flow rate near the membrane surface is increased.

3. VACUUM MEMBRANE DEHUMIDIFICATION
The dense membrane which is hydrophilic as mentioned above can be applied to HVAC, and a
vacuum membrane dehumidification (VMD) is an one example. In this system, a vacuum compressor
which is on one side of a dense membrane creates low pressure. There are three types of the system,
direct compression, bypass compression, and water vapor compression. A direct type is the most
basic structure and it is represented in Fig. 1 (Woods (2014)). The water vapor in the humid air is
separated when the air enters and passes the feed side of membrane, so dehumidified air can be
supplied. However, compressor outlet temperature reaches 700℃ in this type because of high
compression ratio, then some modifications are needed.
Water vapor
transfer through
dense membrane
PI
TI
Pv,I
φI
.
.
ma,I+mv,I

Ⅰ

Ⅱ

(Humid indoor air)

PII
TII
Pv,II
φ II
.
.
ma,II+mv,II
(Dehumidified air)

Dense membrane
P1
T1 ①
.
mv,1

Vacuum
compressor

②

P2
(To atmosphere)
T2

Figure 1: Schematic diagram of direct compression vacuum membrane dehumidification system

One of modified model is bypass compression type (Scovazzo, 2013). As shown in Fig. 2, some
dehumidified air is bypassed to the permeate side of the membrane. Therefore, the vapor pressure
of the permeate side can be low and the absolute pressure is higher than direct compression type.
The compression ratio becomes around 5, but vacuum compressor consumes a lot of energy
because the flow rate through the compressor is high.
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Water vapor
transfer through
dense membrane
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①
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(To atmosphere)
T4
Vacuum
compressor

Figure 2: Schematic diagram of bypass compression vacuum membrane dehumidification system

A water vapor compression type (Dais, 2014) is another modified type, and it is represented in Fig.
3. In this model, one more membrane is installed at the compressor outlet and the air from the
outdoor flows at the permeate side of this membrane. This structure helps to discharge the water
vapor with a low compression ratio of the vacuum compressor. As mentioned above, the driving
force of a membrane is the vapor pressure gradient, so the vapor can be discharged if the vacuum
compressor makes the pressure of the vapor to be higher than the outdoor air vapor partial pressure.
As a result, the compression ratio becomes around 3 and the compressor consumes less energy
than before cases because the flow rate is the smallest. Moreover, the discharge temperature
becomes lower, too. Therefore, this type is the most effective among the three types of vacuum
membrane dehumidification systems.
Water vapor
transfer through
dense membrane
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Ⅱ
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Ⅳ

Ⅲ
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transfer through
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TIII
Pv,III
φ III
(From atmosphere)

Figure 3: Schematic diagram of water vapor compression vacuum membrane dehumidification
system

4. PERFORMANCE ANALYSIS OF VACUUM MEMBRANE DEHUMIDIFICATION
SYSTEMS
Dehumidification COP(COPDH)s of two modified VMD systems, bypass compression and water
vapor compression type, are calculated under ISO 5151 conditions. The indoor air (TI=27℃,
φI=46.94 %) is flowing into the VMD. To meet the defined condition, some water vapor is separated
from the air. For bypass compression type, bypass ratio (x) is varied from 5% to 50% and permeate
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side pressure (P3) is controlled between 5 and 30 kPa. In the water vapor compression type, the
outdoor air conditions are set as TIII=35℃, φIII=40.28 % based on ISO 5151.
When the mass flow rate of indoor air (ṁI) is assumed as 0.05 kg/s, the latent heat of this air (Q̇lh)
can be calculated by multiplying the vaporization enthalpy and the vapor flow rate which separated
through the membrane. Work rate of the vacuum compressor consumes (Ẇvc) is can be calculated
by using flow rate through the compressor and the enthalpy difference between inlet and outlet side.
Finally, COPDH can be calculated like the below equation.

COPDH =

Qlh
Wlh

Eq. (1)

COPDH of bypass compression type is represented like Fig. 4. When the bypass ratio is getting higher,
COPDH is decreased due to the increase of flow rate. As shown in the Fig. 4, there are some empty
points. This is because there is no driving force through the membrane because the vapor pressure
of permeate side becomes higher than the feed side in those cases.
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Figure 4: Simulation results of bypass compression vacuum membrane dehumidification system
under ISO 5151 conditions

COPDH of water vapor compression type is calculated as 7.1488, and this value is much higher than
COPDH of bypass compression type. Because the mixture of dry air and water vapor is flowing
together through the vacuum compressor of bypass compression type VMD, the flow rate of this
type is higher about 85 times than water vapor compression type VMD. This leads the big difference
of COPDH between two types.

5. AIR CONDITIONER WITH VACUUM MEMBRANE DEHUMIDIFICATION SYSTEM
By combining vacuum membrane dehumidification system and cooling cycle, an air conditioner can
be constructed. In this paper, water vapor compression type VMD is used because it has the largest
COPDH. Fig. 5 show the schematic diagram of an air conditioner which using the dense membrane
which has high selectivity to water vapor. The system is different from a conventional vapor
compression cycle where the dehumidification and cooling process are separated. The air
conditioner consists of air circulation part and water circulation part. The indoor air is driven into the
air conditioner through the point I and passes point II and V.
In the air circulation part, water vapor compression VMD, the absolute humidity (w) of the indoor air
is removed and the latent heat of the air is eliminated at the same time. The water circulation part of
the air conditioner removes the sensible heat. The temperature of the water inside in the cycle stays
about 12℃ and the pressure is set as saturated pressure corresponding to that temperature. There
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are water cycle, sensible heat exchanger, evaporative cooling heat exchanger, dense membrane,
and vacuum compressor. The saturated water inside the cycle is circulating and this water changes
to vapor when the temperature increases slightly after exchanging the sensible heat with the air. The
temperature of water becomes low again and the vapor formed in this process is discharged when
it passes the evaporative cooling heat exchanger which is connected with the dense membrane and
vacuum compressor.
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①

ⓑ

Vacuum
Compressor
(VC1)

Dense membrane

②

(Humidified
air)

(Outdoor
air)

Ⅳ

Makeup
water

ⓖ

Ⅲ

Water
pump

ⓕ
Vacuum
Compressor
(VC2)

ⓔ
ⓓ

ⓐ
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Figure 5: Schematic diagram of air conditioner with dense membrane

There are two vacuum compressors and water pump. Therefore, the overall COP of this air
conditioner can be calculated like below and the result is 8.5943 when using ISO 5151 conditions.

COP =

Qtot
Qlh + Qsh
=
Wtot Wvc1 + Wvc 2 + Wpu

Eq. (2)

By using the 2018 summer climate data from June to September in Seoul, Korea as an outdoor
condition in the same simulation, COP is distributed as shown in Fig. 6. In July and August, it is
simulated that the air conditioner was most frequently operated because average temperature and
humidity were high.
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Figure 6: COP variation when using dry bulb temperature and relative humidity data of Seoul in 2018
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The COP is distributed between 6 and 10. At the various weather conditions, the air conditioner with
the vacuum membrane dehumidification system has still high COP than the conventional air
conditioner.

6. CONCLUSIONS
In this paper, characteristics of vacuum membrane dehumidification systems are studied and the
dehumidification COPs of bypass compression and water compression VMD are calculated.
Because the flow rate through the vacuum compressor is very different between the two types,
COPDH is different greatly, too.
By combining the water vapor compression vacuum membrane dehumidification system and the
cooling cycle, the unconventional air conditioner is constructed. Because dehumidification and
cooling process are separated, it consumes less energy than other air conditioners. From the
simulation, overall COP is calculated as 8.5943. When the outdoor air conditions are various, COP
is still high.
To realize the new type of air conditioner, it is needed to be done the continuous study on the
membrane and vacuum compressor.
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NOMENCLATURE
P
T
ṁ
Ẇvc
w

pressure (kPa)
temperature (℃)
mass flow rate (kg/s)
work of vacuum compressor (kW/s)
Absolute humidity (kgv/kga)

x
φ
Q̇lh
COPDH

bypass ratio (%)
relative humidity (%)
latent heat (kW/s)
dehumidification COP (-)
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ABSTRACT
The specific isobaric heat capacity (cp) in the gas phase was measured for R1234yf (2,3,3,3tetrafluoropropene). Twenty-two measurements for R1234yf were carefully measured at
temperatures from 315 K to 353 K and at pressures from 0.5 MPa to 2.2 MPa. The expanded
uncertainty (k=2) of the temperature measurements is estimated to be less than 27 mK, and that of
the pressure measurements should be less than 9 kPa. The expanded uncertainty for cp is calculated
to range from 15 to 35 J·kg-1·K-1. The measurements were compared with two published equations
of state.
Keywords: Heat capacity, R1234yf, Gas, Calorimeter.

1. INTRODUCTION
R1234yf (2,3,3,3-tetrafluoropropene, CH2=CFCF) is used as an alternative refrigerant of R134a
because of its environmentally friendly properties, e.g., zero ozone depletion potential (ODP) and a
lower global warming potential (GWP). To replace other conventional refrigerants with the alternative
refrigerant, there are many proposals of refrigerant mixtures with R1234yf. To calculate
thermodynamic properties of R1234yf and its mixtures for equipment design, a reliable equation of
state (EOS) is required. In order to formulate a more reliable EOS for a fluid, it will be recommended
to refer various thermodynamic property measurements of the target fluid. During formulating
equations of state (EOSs), isobaric heat capacity (cp) measurements in the gas phase is useful to
confirm the caloric properties and the second derivative of the specific volume with respect to
temperature. Therefore, cp information is available to formulate EOSs but is challenging to measure
due to its small heat capacity of low density gas. However, calorimetric property data for R1234yf in
the gas phase are very limited. Kano et al. (2010) reported speed of sound of gaseous R1234yf at
temperatures from 273 K to 353 K and at pressures from 0.025 MPa to 0.4 MPa.
By using a flow calorimeter, Mukoyama et al. (1998) and Yasumoto and Watanabe (2002) obtained
gaseous cp measurements of R134a (1,1,1,2-tetrafluoroethane, CF3CH2F) and R143a (1,1,1trifluoroethane, CF3CH3). An additional 10 data and the previous 17 those of cp for R143a were
evaluated with available EOSs (Kagawa et al., 2007). Furthermore, cp data in the gas phase of six
materials:
HFE-347pcf2(1,1,2,2-tetrafluoroethyl-2,2,2-trifluoroethylether,
CHF2CF2OCH2CF3)
(Kagawa et al., 2009a), R134a, carbon dioxide (CO2) (Kagawa et al., 2009b), R125
(pentafluoroethane, CH2F2CF3) (Kagawa et al., 2011a, Matsugchi et al.,2019), and R1234ze(E)
(trans-1,3,3,3-tetrafluoropropene, trans-CHF=CHCF3) (Kagawa et al., 2011b), R32 (difluoromethane,
CH2F2) (Kagawa et al., 2012, 2013) were obtained and were compared with some published EOSs,
respectively.
In this work, cp for R1234yf in the gas phase was obtained using the flow calorimeter. 22
measurements are obtained at temperatures from 303 K to 353 K and at pressures from 0.5 MPa to
2.2 MPa. Two published EOSs are evaluated by these measurements.
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2. MEASUREMENTS
2.1.

Experimental Procedure

A flow calorimeter (D in Fig. 1) was used for this study; it has been introduced in detail by Mukoyama
et al. (1998) and Kagawa et al. (2009b). A steady sample flow is stabilized at the calorimeter tube
inlet of the heating section, and an inserted microheater produces a feat flux. The calorimeter is
inserted in an evacuated thermal shield, and the tube and shield are put in a well-stirred water bath
whose temperature is kept at constant within ±10 mK. Apparently specific isobaric heat cp,app is
obtained by the temperature increment at the heating section, △T, and mass flow rate, m
˙ , of R1234yf.
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Figure 1: Apparatus
To measure △T, two calibrated standard platinum resistance thermometers (PRTs) (P1,P2) are
located at both ends of the heating section. For m
˙ , a three-way solenoid valve (K) controlled by a
timer (L) and a sampling cylinder (I) were inserted. During one minute, the sample flowed into the
cylinder cooled by liquefied nitrogen. An electronic balance with an uncertainty of 0.1 mg measures
the cylinder.
To establish a stable sample flow in the calorimeter tube during the measurements, a condenser (M)
with a liquid pump (N), an evaporator (B), and a nozzle (needle valve) (G) are used for the apparatus.
The liquid pump is a bellows type reciprocated by a DC motor. The fluctuations of the sample mass
flow (m
˙ fluc / m
˙ ) were usually less than ±0.5 %, but the maximum one reached ±2 %. A mass flow
meter (R) can observe the flow conditions after the expansion valve. The mass flow can be adjusted
by the needle valve (G). The sample pressure at the calorimeter outlet was measured with a quartz
crystal pressure transducer (F).
˙ , and mass flow rate, m
By measuring the heat input to the heating element, Q
˙ , experimental values
of cp,app are obtained from

c p ,app 

Q
Q
Q
Q
 R  L  cp  L
m T m T m T
m T

(1)

˙ L, is released from the sample and the calorimeter to the surroundings
Part of the heating energy, Q
˙ L, more than
even though the calorimeter is thermally shielded. In order to determine the value of Q
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five cp,app data were measured by changing the mass flow rate from 2.7 to 4.2 g·min-1 with △T = 2 K
at the same temperature and pressure. By plotting a cp,app curve versus m
˙ -1 and extrapolating the
-1
curve to m
˙ →0, the actual cp can be determined. For example, the points at 0.5 MPa and 1.5 MPa
both at 333.15 K were determined as shown in Fig. 2. Vertical error bars in the figure indicate the
expanded uncertainty (a coverage factor, k=2) of the experimental data.
1.35

cp / kJ.kg-1.K-1

1.30
1.25

333.15 K, 1.5 MPa

1.20
1.15
1.10
333.15 K, 0.5 MPa

1.05
1.00
0.95
0

0.1

0.2

m

-1

0.3

0.4

1. -1

/ min g

Figure 2: The relation between cp, cp,app and m
˙ -1 for 333.15 K, 0.5 MPa and 333.15 K, 1.5 MPa.
Vertical error bars in the figure indicate the uncertainties of the experimental data
2.2.

Materials

The R1234yf was certified by the manufacturer to have a minimum purity of 99.95 mass% by gas
chromatographic analysis. The sample fluid in a sample cylinder was transferred into the evaporator
of the apparatus. About 1 kg mass of the sample was transferred. The sample purity of remaining in
the sample cylinder was identified using a gas chromatography in our laboratory. The purity was
more than 99.99 mass%
2.3.

Assessment of Uncertainties

The experimental expanded uncertainty has been described previously in detail (Kagawa et al.
(2009a)). The experimental expanded uncertainty according to the ISO/IEC guideline (ISO/IEC
(2008)) (with k = 2) of the temperature measurement is from 13 mK to 27 mK, by considering the
calibration test of the PRTs (the expanded uncertainty is 3.5 mK), the temperature distribution in the
calorimeter (< 27 mK), and the accuracy of each instrument. That of the pressure measurement is
less 23 kPa, based on the pressure transducer’s specifications (0.6 kPa) and pressure fluctuations
(< 3.5 kPa). The expanded uncertainty of cp data is estimated from a combination of the standard
uncertainty of the mass flow rate for 1 minute (< 0.62 mg·s-1), that of the supplied heat quantity (<
22 mW), and that of the temperature increment (< 32 mK). The resulting expanded uncertainty (k=2)
of cp ranges from 13 to 27 J·kg-1·K-1 depending on the condition of each measurement.

3. Results
Figure 3 shows a cp -T diagram for the present measurements for R1234yf. Vertical error bars in the
figure indicate the estimated uncertainties of the experimental data. It shows the data behavior
seems to be reasonable. The cp values with the expanded uncertainties are arranged in Table 1.
The behavior of isobars and the saturation curve calculated by the available EOSs, which have been
formulated by Akasaka (2011) and Richter et al. (2011) referring experimental thermodynamic
property data, are also depicted in Fig. 3.
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Figure 3: Experimental data (points) compared to several EOSs (lines);
MPa, △: 1.5 MPa, □: 2.0 MPa, ◇:2.2 MPa, ,
: Akasaka (2011),
(2011)

○

: 0.5 MPa, ☓:1.0
: Richter et al.

Table 1. Experimental cp results for R1234yf

T (K)

p (kPa)

cp (J·kg-1·K-1)

303.15
315.15
323.15
333.15

500
500
500
500

343.15
353.15
318.15
319.15
323.15
333.15
343.15

Expanded uncertainty (k = 2)

T (mK)

p (kPa)

cp (J·kg-1·K-1) [%]

996
989
1001
1000

26
27
20
23

3.8
2.4
4.2
2.3

18
30
15
19

1.81
3.03
1.50
1.90

500
500
1000
1000
1000
1000
1000

1020
1023
1137
1127
1110
1078
1086

19
22
25
19
24
19
23

4.2
2.5
3.0
3.0
8.9
1.9
5.9

18
21
25
27
25
18
32

1.76
2.05
2.19
2.40
2.25
1.67
2.95

353.15
333.15

1000
1500

1070
1295

22
18

2.6
3.0

22
23

2.06
1.78

336.15
338.15

1500
1500

1258
1238

12
13

2.2
1.8

23
19

1.83
1.54

343.15

1500

1204

23

9.2

24

1.99

353.15
347.15
348.15

1500
2000
2000

1167
1495
1458

23
23
17

7.1
2.8
5.3

35
23
32

3.00
1.54
2.19

348.15
353.15
353.15

2000
2000
2200

1467
1372
1543

23
24
20

2.8
2.7
2.9

29
27
26

1.98
1.97
1.68
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Evaluations of the present cp measurements were made with values calculated with the available
EOSs developed by Akasaka (2011) and Richter et al. (2011). They did not have access to the
present measurements. Therefore, these equations were developed with the limited experimental
information of the gaseous caloric properties, only speed of sound measured by Kano et al. Figures
4 and 5 show the relative deviations of the calculated values from the present measurements.
Figure 4 shows the cp deviations of a Helmholtz-type EOS developed by Akasaka. The equation
represents present data between -1.1 % and +1.2 %. In the measuring range, the systematic
deviations are almost constant.

Figure 4: Deviations of calculated cp values with an EOS by Akasaka (2011) for R1234yf
from the experimental cp data
Figure 5 shows the cp deviations of a Helmholtz-type EOS developed by Richter et al. The present
data are represented between -0.46 % and +2.3 %. Most of them are within the measurement
uncertainties. The systematic deviations increase as the saturation curve is disengaged, especially
at higher isobars more than 1.5 MPa.

Figure 5: Deviations of calculated cp values with an EOS by Richter et al. (2011) for R1234yf
from the experimental cp data
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4. Discussons
Table 2 shows the systematic and absolute cp deviations of two available EOSs from the present 19
data. For R1234yf, the EOS proposed by Akasaka represents the data sufficiently. Among the two
available equations, the best agreements with the present cp data are obtained by the Helmholtz
equation by Akasaka. Considering the comparisons for the other fluids reported by authors, however,
the differences are not so significant. The reason may be the weak polar characteristics, small dipole
moment and large molecule size, of R1234yf. Also, the speed of sound was only available as reliable
caloric property information in the gas phase when the EOSs were formulated. In the higher
temperature and pressure areas, EOS by Richter et al. shows slightly larger discrepancy of +2.1%.
If the present data were available, both equations might be arranged to represent the caloric
properties much better.
Table 2. Bias and average absolute deviations (AAD) with calculated data from available EOSs
(cp,cal) and present 19 data points (cp)

Bias  100
EOS

1
N

N

(c p ,cal  c p )

i 1

cp



AAD  100

1
N

N

c p ,cal  c p

i 1

cp



(%)

(%)

Akasaka (2011)*a

0.067

0.55

Richter, McLinden
and Lemmon (2011)*a

1.10

1.15

5. CONCLUSIONS
Twenty-two measurements of cp were reported for R1234yf in the gas phase. The available EOSs
can represent the observed behavior at most conditions sufficiently. The calculations by the
Helmholtz-type EOSs deviate from the cp measurements by less than 2.3 %.
The authors gratefully acknowledge Kenichi Tamura, National Defense Academy, for his help with
the cp measurements.

NOMENCLATURE
cp

specific heat capacity (J·g ·K )

k

coverage factor

m
˙
N
p
T
˙
Q

mass flow rate (g·s-1)
number of data
pressure (Pa)
temperature (K)
heat input (J)

-1

-1


Subscript
0
app
fluc
L
R

differential
ideal
appearance
fluctuation
loss
actual
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ABSTRACT
As with automotive lubricants, the trend in refrigeration oils for refrigerators is toward lower
viscosities, in pursuit of higher energy efficiency. A viscosity grade (VG) of 32 was once common for
refrigeration oils. Recently, however, we have developed an extremely low viscosity refrigeration oil
(VG3) for refrigerators that use R600a. In this presentation, we will discuss the technical difficulties
(e.g. anti-wear properties) that are caused by lowering the viscosity of refrigeration oils and how to
solve them.
Keywords: Efficiency, Low GWP, Lubricant, Mineral Oil, R600a, Refrigerator, Viscosity, Wear.

1. INTRODUCTION
Manufacturers are working to develop lower viscosity lubricating oils, especially for automobiles, in
order to improve energy efficiency in an effort to reduce global warming. Similarly, lower viscosity
refrigeration oils can play a role in improving efficiency. In particular, the viscosity of refrigeration oils
for household refrigerators has been trending downward (Matsumoto and Kaimai, 2010).
Since most of the energy needed to run a refrigerator or other refrigeration equipment is used by the
compressor, the idea of lowering the viscosity of the refrigeration oil has been advanced as a means
of reducing energy consumption in the reciprocating compressors of household refrigerators. By
lowering the viscosity, it is possible to reduce churning in the oil, which can result lower energy use.
The viscosity of a lubricant is typically expressed as its viscosity grade (VG), which is the viscosity
of the lubricant at 40 °C. Ester oils and mineral oils of VG32 and VG22 had been used as refrigeration
oils for refrigerators in the past. Refrigeration oils of VG10 came into use around the year 2000, and
refrigeration oils of VG8 and VG7 have since become mainstream. In the 2010s, VG5 refrigeration
oils also came into use. There has been a push to develop even lower viscosity VG3 refrigeration
oils. This has yet to be achieved using mineral oils, however, due to the low flash point of these oils
and their inability to adequately protect the moving parts of the equipment.
In this study, our aim was to develop a mineral oil-based VG3 refrigeration oil for household
refrigerators that use R600a. Here we will describe the technical hurdles involved and their solutions.

2. STUDY ON BASE OIL FORMULATION
As mentioned above, reducing the base oil viscosity can lower the flash point. Generally speaking,
lower viscosity oils will have a lower flash point. Our current refrigeration oils of VG5 and higher are
made using paraffinic mineral oil, which has a higher flash point than naphthenic mineral oil. However,
at around VG3, the flash point is very low even with paraffinic mineral oil, falling below 120 °C. From
a safety standpoint, the flash point must be higher, so we took another look at the base oil formulation.
To create a VG3 mineral oil with a higher flash point, we reduced the amount of light fractions. As
Fig. 1 shows, the newly developed base oil has a higher flash point than the conventional paraffinic
mineral oil even at VG3.
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Figure 1: Flash point of developed base oil

3. FRICTION STUDY ON LOW VISCOSITY OIL
MTM (Mini traction machine) tests were performed to compare the frictional characteristics of the
developed VG3 base oil and a conventional VG5 base oil. In the MTM test, a disk test piece and ball
test piece are brought into contact and rotated simultaneously, allowing us to measure the coefficient
of friction in a mixture of rolling and sliding conditions. Friction coefficients were measured using a
standard disk test piece (SUJ 2) and ball test piece (SUJ 2), at a test temperature of 40 °C, a load
of 10 N, a sliding rate of 30%, and sliding speeds from 0.02 m∙s-1 to 2 m∙s-1. The results are shown
in Fig. 2. As the viscosity of the base oil decreased from VG8 to VG3, the friction coefficient at high
sliding speeds (0.2 to 2 m∙s-1) decreased. This is thought to be due to a decrease in the viscous
resistance of the fluid, which was the result of lowering its viscosity. On the other hand, we know that
as the sliding speed decreases, the oil film thickness also decreases, leading to increased boundary
lubrication, in which there is direct metal-to-metal contact, and the friction coefficient tends to
increase. This tendency is more pronounced when the viscosity is lower, such that the VG3 base oil
had a higher friction coefficient than the VG8 base oil at low sliding speeds (0.02 m∙s-1 to 0.2 m∙s-1).
Therefore, if the VG3 base oil were used, there could be increased wear in mixed and boundary
lubrication regimes at low sliding speeds.
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Figure 2: Comparison of the friction coefficient between VG8 and VG3

4. STUDY ON ANTI-WEAR ADDITIVES
Additives are generally effective at controlling wear in boundary lubrication regimes, in which there
is some contact between metal surfaces. We thus looked at using anti-wear additives to improve the
anti-wear properties of the lubricant in mixed and boundary lubrication regimes. The wear
characteristics were evaluated using SRV (Schwingungs Reihungund und Verschleiss) tests. Tests
were performed using a ball (SUJ2) with a diameter of 10 mm and a disk (SUJ2) with a thickness of
7.9 mm. The ball was pressed down on the disk and moved in a reciprocating sliding motion for 30
min at a test temperature of 80 °C, an amplitude of 1 mm, a frequency of 50 Hz, and a load of 300
N. After the tests, the diameters of the wear scars on the balls were measured. Low-viscosity
refrigeration oils for refrigerators are typically formulated with anti-wear agents to ensure sufficient
anti-wear properties. A commonly used anti-wear additive is the phosphorus-based TCP (Tri-cresyl
phosphate). In this study, SRV tests were performed using the VG8 oil and the VG3 oil, to which was
added TCP. After testing, it was found that the wear scar diameter was larger with the VG3 oil than
with the VG8. This is because the lubrication conditions were more severe with the lower viscosity
oil, and TCP alone was not enough to give the VG3 oil sufficient anti-wear properties.
Normally, phosphorus anti-wear additives such as TCP adsorb on oxide films on metal surfaces and
react to form anti-wear films. In the case of the low viscosity oil, the oxide film may have been broken
due to metal-to-metal contact, such that the phosphorus anti-wear additives could not be sufficiently
effective. We therefore turned our attention to an anti-wear additive containing sulfur and phosphorus
(SP anti-wear additive) that might be capable of providing an anti-wear effect even in severe
lubrication conditions. Fig. 3 shows the wear scar diameters of the balls after SRV tests with VG3
prepared with TCP and VG3 prepared with the SP additive and TCP. The wear scar was smaller with
the oil prepared with both TCP and the SP additive, and was the same size as that with a VG8 base
oil prepared with TCP, which is representative of a conventional oil. Thus, by optimizing the anti-wear
additives in a VG3 base oil, we developed an oil with anti-wear properties equivalent to that of a
conventional VG8 oil.
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Figure 3: Wear scar diameters after SRV tests for VG8 & VG3 oils
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5. STUDY ON THE FRICTION PROPERTIES OF DEVELOPED OIL
The compressors in home refrigerators will operate at a range of speeds from low to high. For the
refrigerator to run more efficiently, it is therefore important that the refrigeration oil have frictionreducing effects in a wide range of lubrication conditions. We thus used MTM tests to evaluate the
friction characteristics of the newly developed oil to see whether it would be able to help improve the
efficiency of refrigerators. The results are shown in Fig. 4. With the VG8 oil, the addition of TCP had
little effect on the friction characteristics. By contrast, the VG3 oil tended to show slightly lower friction
coefficients in the low speed range, even with TCP alone. It may be that, whereas the VG8 oil forms
an oil film even in low speed conditions and it can maintain some degree of lubricity, the effect of the
anti-wear additive is more pronounced with the VG3 oil because the oil films are thinner. Moreover,
the oil prepared with a combination of TCP and SP anti-wear additives showed lower friction
coefficients at low speeds of 0.1 m∙s-1 and below than did the oil prepared with TCP alone. These
results suggest that the SP additive is effective in low speed sliding conditions, in which the oil films
are easily broken, such that good lubrication is maintained. This newly developed oil, formulated with
a VG3 base oil and a combination of TCP and SP additives, exhibits friction characteristics equivalent
to a VG8 oil even in the low speed range, and shows excellent friction properties over a wide range
of speeds from low to high. This suggests it could help improve the efficiency of refrigerators used
in the home.
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Figure 4: Friction coefficient of (a) VG8, (b) VG3 with anti-wear additives

6. SURFACE ANALYSIS OF SLIDING SURFACES AND ACTION MECHANISM OF
ANTI-WEAR ADDITIVES
As discussed above, it was determined that good lubrication can be maintained even in boundary
lubrication regimes by using TCP and SP additives. To better understand the action mechanism of
the anti-wear additives, we carried out surface analysis on the sliding part of the balls used in the
SRV tests. EPMA was used for the surface analysis, with an acceleration voltage of 15 kB, an
irradiation current of 1×10-7 A, and an observation magnification of 100x. The phosphorus, oxygen,
and sulfur detected from the sliding parts are shown in element maps in Fig. 5. Large amounts of
phosphorus and oxygen were detected from the sliding part of the ball tested with the VG3 oil
prepared with TCP alone, suggesting that an iron phosphate film had formed on the sliding surface.
Meanwhile, phosphorus and oxygen were detected in the sliding part of the ball tested with the oil
prepared with TCP and the SP additive in combination, along with sulfur. Although the amount of
sulfur detected was small compared to that of phosphorus and oxygen, it was mainly detected at the
edge of the wear scar, where the sliding was most severe.
These results suggest that the SP additive acts locally under severe sliding conditions and prevents
wear from progressing.
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7. CONCLUSION
We studied low viscosity refrigeration oil for refrigerators with the aim of making refrigerators more
energy efficient. Although the flash point drops when the viscosity is lowered, we were able to ensure
a high flash point even when the viscosity was lowered to VG3 by reducing the proportion of light
fractions. Compared to a more conventional VG8 refrigeration oil, the VG3 oil showed lower friction
coefficients in fluid-film and elastohydrodynamic lubrication regimes due to reduced viscous drag,
but may provide inadequate lubrication in boundary and mixed lubrication regimes because oil films
cannot properly form. We thus studied the anti-wear agents and found it was possible to achieve
sufficient anti-wear properties in boundary lubrication regimes and excellent friction characteristics
with a VG3 oil formulated with a combination of TCP an SP anti-wear additives. It is thought that with
the newly developed oil, an iron sulfide film forms even under severe sliding conditions, preventing
the deterioration of wear and friction characteristics.
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ABSTRACT
Ionic liquids have been widely introduced in various engineering applications, including absorption
cooling systems. The use of ionic liquids as sorptive media in absorption systems is intended to
improve the system performances by removing the disadvantages of conventional working fluids.
Although theoretical investigations based on solubility of refrigerant/ionic liquid mixtures show a
competitive performance, heat transfer and mass absorption performance, which is also an
important key of system, remains open.
This paper theoretically studies the absorption process of refrigerant in ionic liquid to obtain the most
prominent ionic liquids for absorption machines, both in terms of thermodynamic and heat and mass
transfer performance.
The results are analyzed, and the performances are compared with conventional working fluid. For
instance, in the case of water/[dmim][DMP], the heat transfer performance is higher, but its lower
solubility and diffusivity gives less absorption rate than water/LiBr working fluid.
Keywords: Ionic Liquids, Sorptive Media, Absorption.

1. INTRODUCTION
The global energy demand for air-cooling and refrigeration significantly increases in the past
decades together with the rapid growth of human population and economic, particularly in populated
and dense countries and meanwhile, the energy supply to date is still predominantly generated from
non-renewable fossil fuel combustion.
Absorption cooling system is a thermal-driven heat pump technology operating based on absorptiondesorption processes of refrigerant in the absorbent which, with high potential of renewable and
green energy available in the world, can be adopted to solve the need of refrigeration and
heating/cooling demands while reducing the fossil fuel-based energy consumptions and gas
emissions by utilizing renewable energy or waste heat.
The absorption cooling systems commonly work using ammonia/water and water/lithium bromide
mixtures, where the latter is the most common working pair for cooling/heating systems as it cannot
produce cold below 0°C. This working pair, where water works as refrigerant and aqueous LiBr
solution works as absorbent, are limited by corrosion and solidification of LiBr salt at certain operative
conditions. Many attempts have been addressed to eliminate these limitations, such as using
multicomponent salts absorbent (Bourouis et al., 2005), adding surfactants and additives (Kim et al.,
2006), and applying novel absorbent such as ionic liquids (IL) (Kim et al., 2012). The latter application
in absorption cooling systems can give several advantages as ionic liquids have liquid phase in wide
range of temperature, near-zero vapor pressure, high solubility with most of natural refrigerants, noncorrosive, non-toxic, and thermally stable (Kim et al., 2012). In addition, the thermophysical
properties of ionic liquids can be adjusted by combining the cation and anion pair (Popp et al., 2015).
Studies on the applications of water/ionic liquid working pairs as working fluid for absorption cooling
systems are growing in number. Recent studies on the thermodynamic performance of absorption
cooling systems using water/ionic liquid working pairs have been published in open literatures,
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introducing some ionic liquids such as 1,3-dimethyl-imidazolium dimethylphosphate ([dmim] [DMP]),
1-ethyl-3-methyl-imidazolium dimethylphosphate ([emim] [DMP]), 1-ethyl-3-methyl-imidazolium
ethylsulfate ([emim] [EtSO4]), etc (Kim et al., 2012, Popp et al., 2015, Ariyadi and Coronas, 2016,
Yokozeki and Shiflett, 2010). Based on theoretical thermodynamic calculation using solubility data,
the coefficient of performance (COP) of single-stage absorption cooling systems using water/ionic
liquid fluids is quite competitive in comparison with conventional water/LiBr working fluid (Yokozeki
and Shiflett, 2010) considering the above-mentioned advantages of ionic liquids over conventional
aqueous LiBr solution although the solution circulation ratio is higher than water/LiBr systems.
Although studies on the theoretical performance of absorption cooling systems using water/ionic
liquid working pairs can be found in many sources (Kim et al., 2012, Popp et al., 2015, Ariyadi and
Coronas, 2016, Yokozeki and Shiflett, 2010), wider and more comprehensive studies of these new
working pairs remain incomplete. In actual conditions the efficiency and performance of an
absorption machine are not only characterized solely by coefficient of performance and solution
circulation ratio, but also determined by system design and size, initial cost and the operating cost
of the system, which are strongly dependent on the working fluid properties. Screening of new
working fluid for absorption system therefore should be properly and extensively carried out,
considering not only solubility (vapor-liquid equilibria) of refrigerant in the absorbent, but also
transport properties of the working fluid mixtures which have great influence on the heat and mass
transfer performance, such as viscosity, thermal conductivity, and diffusivity. This study aims to
extensively examine the ability of ionic liquids as sorptive media in absorption in order to obtain the
suitable ionic liquids with not only optimum thermal performance but also optimum heat and mass
transfer performance, which is also an important parameter in absorption cooling machines,
particularly in terms of system design and costs.

2. MATHEMATICAL MODEL
In this work, two imidazolium based ionic liquids, namely 1-ethyl-3-methyl-imidazolium ethyl
sulphate [emim][EtSO4] and 1,3-dimethyl-imidazolium dimethyl phosphate [dmim][DMP] are chosen
as absorbent for water refrigerant.
Heat and mass transfer characteristics of water/ionic liquid working fluids in the absorber is
evaluated using a model consisting of energy and mass balance equations, derived from the
absorption process taking place in an infinitesimal area of a vertical tube absorber as schematically
shown in Fig. 1. Detail of mathematical description of the model is explained in Tsai and PerezBlanco (1998).

Figure 1: The schematic diagram of water vapor absorption process in vertical tube falling film
absorber.
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The high ionic liquid concentration of absorbent-refrigerant solution enters from the top of the tube,
downwards through the inner wall as a falling film. At the same time, the water vapor enters from
the top of the vertical tube and be absorbed by the solution. The solution with low ionic liquid
concentration then leaves the absorber through the bottom of the tube.
The coolant fluid flows from the bottom of the absorber trough tube annulus space to remove the
heat generated during the absorption process, transferred from the solution to the cooling water
while mass transfer process occurs in the vapor-solution surface.
Assuming that the vapor-solution interface is always in saturation condition and the bulk solution is
perfectly mixed along the tube, the amount of water vapor absorbed by the solution can be calculated
using following equation
𝑑𝑚s
Eq. (1)
= 𝑘s (𝜋 𝐷𝑖)(𝑐𝑤,int − 𝑐𝑤 )
𝑑𝑧
Moreover, with assumptions that the heat transfer only occurs in horizontal direction, and there is
no heat loss in the absorber, from the energy balance at the solution side, the solution temperature
at a control volume can be written as follows
𝑑𝑇s 𝐻v − 𝐶𝑝s 𝑇s 𝑑𝑚s 𝑈𝜋𝐷𝑖(𝑇s − 𝑇c )
=
−
𝑑𝑧
𝑚s 𝐶𝑝s
𝑑𝑧
𝑚s 𝐶𝑝s

Eq. (2)

Furthermore, the cooling water temperature at a control volume can be written as follows
𝑑𝑇c 𝑈𝜋𝐷𝑖(𝑇s − 𝑇c )
=
𝑑𝑧
𝑚c 𝐶𝑝c

Eq. (3)

3. THERMOPHYSICAL PROPERTIES
Solubility. In absorption technologies, the performance of the systems may be reflected from the
solubility of refrigerant in the absorbent and can be roughly estimated from the concentration lines
in a Dühring diagram. A good working fluid for absorption system must be well soluble in the
absorbent under the conditions in which absorption takes place. High solubility and affinity of
refrigerant in the absorbent reduce the amount of absorbent needed to circulate the refrigerant at
certain cooling capacity, thus decreasing pumping power and reducing heat exchangers size.
Solubility data of water in [dmim][DMP] and [emim][EtSO4] were obtained and correlated using NonRandom Two-Liquids (NRTL) model from Zhao et al. (2006) and Wang et al. (2007). Pressuretemperature-concentration (PTX) diagrams of water solubility in [dmim][DMP] and [emim][EtSO4]
mixtures are shown in Fig 2 (a) and (b), respectively. Although both solutions present significant
negative deviation to ideal Raoult’s law, these two ionic liquids have considerably lower solubility
than LiBr salt in terms of mass concentration.

Figure 2: PTX diagram of water/[dmim][DMP] (a) and water/[emim][EtSO4] (b)

From PTX diagrams in Fig 2 one can see that at the same pressure and temperature conditions,
working fluid mixtures with wider concentration distribution will have more refrigerant mass
concentration in absorber-generator loop. Therefore, the working fluid mixtures with wider
concentration lines distribution have lower solution flow rates as it has higher concentration
difference between strong and weak solution.
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Apart of that, it also can be seen that the solubility of water in [dmim][DMP] is higher than in
[emim][EtSO4]. An example of the concentration (both weak and strong solution) of studied ionic
liquid in comparison with LiBr solution at different typical operative conditions (Tabs=Tcond=30~40 ºC,
Tevap=5~10 ºC, Tgen=80~90 ºC) is summarized in Table 1.
Table 1. Saturation absorbent concentration at various operative conditions

Tevap
(ºC)
5
8
10
Tgen
(ºC)
80
85
90

[dmim]
[DMP]
79.07
75.93
73.62

Tabs= 30 ºC
[emim]
[EtSO4]
93.01
91.38
90.08

[dmim]
[DMP]
92.25
93.72
94.92

Tcond= 30 ºC
[emim]
[EtSO4]
97.50
97.99
98.37

Xabs

LiBr
52.57
50.57
49.13

LiBr
62.94
65.20
67.45

Xgen

[dmim]
[DMP]
86.84
84.71
83.16

Tabs= 40 ºC
[emim]
[EtSO4]
96.14
95.27
94.58

[dmim]
[DMP]
87.79
89.94
91.72

Tcond= 40 ºC
[emim]
[EtSO4]
95.65
96.50
97.17

LiBr
57.81
56.08
54.90

LiBr
57.62
59.91
62.15

Dynamic viscosity. One of the most common issues in ionic liquids that may lead to a significant
drawback is their high viscosity. Very viscous absorbent may cause significant pressure drops in the
solution circulation loop, which can lead to the increase of pumping power and system size. The
viscosity data of water/[dmim][DMP] and water/[emim][EtSO4] solutions were taken and correlated
from He et al. (2010) and Bhattacharjee et al. (2012), respectively.

Figure 3: Viscosity (a) and density (b) of water/ionic liquid and water/LiBr mixtures leaving from the
generator (Tgen=90 °C, Tcond=30 °C) at different subcooled temperature (Tevap=5 ºC)

The viscosity of water/ionic liquid mixtures at different subcooled temperature (Tevap=5 ºC) are shown
in Fig 3 (a). As it can be seen in Fig. 3 (a), the viscosity of water/[emim][EtSO4] is higher than
water/[dmim][DMP] and water/LiBr.
Density. The density data of water/[dmim][DMP] and water/[emim][EtSO4] were taken and correlated
from He et al. (2010) and Bhattacharjee et al. (2012), respectively. The density of water/ionic liquid
mixtures at different subcooled temperature (Tevap=5 ºC) is shown in Fig 3 (b) with the density of
water/ionic liquid solutions are almost similar, being the water/LiBr is much higher than ionic liquids.
Heat capacity. Heat capacity is also one of the most important property used to analyse both thermal
performance and heat transfer characteristic of a system. Several experimental data of heat
capacities of the studied working fluids were taken from literatures (He et al.,2010, García-Miaja et
al., 2009).
Fig 4 (a) illustrates the heat capacity of studied solutions at various degree of subcooling in a typical
entrance absorber condition. The solution concentration is determined from a condition where the
solution is saturated when leaving the generator at temperature of 90 °C and pressure of 4.25 kPa
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(corresponds to Tcond=30 °C). This condition is used to plot the heat capacity over absorber
temperature as the heat transfer phenomena in the absorption process starts taking place at the
entrance of absorber. The correlation based on experimental data shows that the heat capacity of
aqueous ionic liquid solutions is higher than that of water/LiBr solution, being that of
water/[dmim][DMP] is the highest (see Fig 4 (a)).
Mass diffusivity. Mass diffusivity is an important property to evaluate mass transfer characteristic
particularly in the absorber. Although this property is important, to the best of our knowledge there
is no available data or correlation of mass diffusivity of water in studied ionic liquids and thus, to
estimate the mass diffusivity of water in ionic liquids a method suggested by Krannich et al. (2016)
is used.

Figure 4: Heat capacity (a) and mass diffusivity (b) of water/ionic liquid and water/LiBr mixtures at
saturation condition leaving from the generator (Tgen=90 °C, Tcond=30 °C) and different subcooled
absorber temperature (Tevap=5 ºC)

Using similar condition to Fig 4 (a), the mass diffusivity of water in studied solutions at typical
entrance absorber conditions at various degree of subcooling is then plotted in Fig 4 (b). In this
figure, it shows that the mass diffusivity of studied ionic liquids is much lower in comparison with
conventional aqueous LiBr solution, being [emim][EtSO4] is the lowest among three studied working
fluids. This low mass diffusivity will significantly affect to the mass transfer behaviour, as will be
discussed later.

4. RESULTS AND DISCUSSIONS
4.1. Model Validation
Before being applied to water/ionic liquid mixtures, the model is validated using experimental data
from literature (Takamatsu et al., 2003) using water/LiBr as the working fluid for an absorber with
the same dimensions and operation conditions of the experiments. The comparison between
calculated and experimental results is shown in Table 2 and it shows acceptable results.
Table 2. Comparison of the model and experimental data.

Parameters
Res
ΔTsub
Pabs
Ts,in
Ts,out
Tc,in
Tc,out
Heat flux
Mass flux

Unit
ºC
kPa
ºC
ºC
ºC
ºC
kW∙m-2
g∙m-2∙s-1

Present Simulation

27.5
23.6
6.167
1.71

Takamatsu et al. (2003)
60.8
0.1
1.338
39.1
22.8

24.1
23.7
7.267
1.33
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4.2. Effect of Solution Reynolds Number
In order to get more understanding on the comparison of the performance of ionic liquids in
absorption process, heat and mass transfer characteristics of absorption process of water vapor in
ionic liquid solutions is theoretically studied, using absorber configuration and operation conditions
similar to the one studied by Ariyadi et al. (2018).
Mass and heat flux of water/[dmim][DMP] and water/[emim][EtSO4] working fluids in comparison
with water/LiBr working fluid are presented in Fig. 5 (a) and (b), respectively, with solution Reynolds
number varies up to 400. In Fig. 5 (a) it can be explained that the mass flux of all studied working
fluids increases with the increase of solution Reynolds number until reaches its optimum value then
decreases with the increase of solution Reynolds number. This phenomenon happens because at
low solution Reynolds number (i.e. Res < 20 in the case of [dmim][DMP]), with an assumption that
solution-vapor interface is always in equilibrium condition along the tube, the heat due to absorption
process can be transferred out at higher rate, making the temperature difference between solution
interface and bulk is low, hence the mass absorption rate increases. At higher solution Reynolds
number, with the same assumption of equilibrium condition at solution-vapor interface, the heat due
to absorption process cannot be moved out at higher rate, creating high the temperature difference
between solution interface and bulk, thus the increase of solution Reynolds number will not improve
the absorption rate and the absorption mass flux will decrease with the increase of solution Reynolds
number. Generally, the mass flux and its optimum values follow an order of water/LiBr >
water/[dmim][DMP] > water/[emim][EtSO4], following diffusivity and solubility values of water in the
absorbent as the main influencing properties. The optimum mass flux is reached at low solution
Reynolds number in the case of ionic liquids system as the Reynolds number of water/ionic liquid
solutions at the same mass flow rate is lower than that of water/LiBr solution due to the high viscosity
of water/ionic liquid solutions.

Figure 5. Mass flux (a) and heat flux (b) vs solution Reynolds number of water/LiBr and water/ionic
liquid solutions.

Although mass flux of water/[dmim][DMP] solution is lower than that of water/LiBr solution, at the
same absorber configuration and operation conditions, the heat flux of that water/[dmim][DMP]
working fluid is slightly higher than that of water/LiBr working fluid at lower solution Reynolds number
and the heat flux of that water/[emim][EtSO4] working fluid remain the lowest as its low heat capacity
and low heat of absorption. The heat flux increases with the increase of solution Reynolds number
even when the absorption rate decreases, as shown in Figure 5(b).
4.3. Effect of Solution Degree Subcooling
The effect of solution degree subcooling (from 0°C to 8°C) on the mass flux and mass flux of
water/[dmim][DMP] and water/[emim][EtSO4] working fluids in comparison with conventional
water/LiBr working fluid are shown in Fig. 6 (a) and (b), respectively.
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Figure 6. Mass flux (a) and heat flux (b) vs solution degree subcooling of water/LiBr and water/ionic
liquid solutions.

Although mass flux of all studied solution increase with the increase of solution degree subcooling,
the heat flux of all studied working fluids decrease when the solution degree subcooling increases
(see Fig. 6 (b)). This is because at higher solution degree subcooling, at the same inlet coolant
temperature, the temperature difference between solution and coolant water is lower thus reducing
the heat transfer rate from the solution to the coolant fluid.

5. CONCLUSIONS
Two imidazolium based ionic liquids for water absorbent has been comprehensively studied to
examine their suitability as absorbent for water refrigerant to replace LiBr salt by analyzing their
thermophysical properties and their heat and mass transfer characteristics on absorption process in
a vertical tube absorber. It is clear that the performances of a refrigerant/absorbent working pairs do
not only depend on the vapor-liquid equilibrium or solubility but is also highly influenced by its thermal
and transport properties. Between two studied ionic liquids, generally, [dmim][DMP] provides better
properties than [emim][EtSO4]. [dmim][DMP] provides better properties, such as high heat capacity,
low density, and no solidification risk in comparison with conventional water/LiBr solution which can
make this ionic liquid as better alternative absorbent to aqueous LiBr solution. However, it still has
undesirable properties that can make significance decrease in the system performance, such as low
solubility and diffusivity, and high viscosity. In terms of heat and mass transfer, the conventional
water/LiBr working fluids still shows better performance than the studied ionic liquids in any operative
conditions far from its crystallization zone. Theoretically, the thermophysical properties of ionic
liquids can be tuned by combining the cation and anion pair. However, in practice, finding the best
combination of cation and anion of ionic liquids to have good properties for absorption application is
not an easy task. Considering the high potential application of ionic liquids as an absorbent in
absorption application, further study on prominent ionic liquids which have better properties for
absorption cooling applications remains necessary.

NOMENCLATURE
c
Cp
Di
H
k
L
m
P
Re
T

concentration (kg∙m-3)
constant pressure heat capacity
(kJ∙kg-1∙K-1)
inside diameter (m)
enthalpy (kJ∙kg-1)
mass transfer coefficient (m∙s-1)
tube length (m)
mass flowrate (kg∙s-1)
pressure (kPa)
Reynolds number
temperature (ºC)

Subscript
abs
c
cond
evap
gen
int
s
sub
v
w

absorber
coolant fluid
condenser
evaporator
generator
vapor-solution interface
solution
subcooled
vapor
water
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U
X

overall heat transfer coefficient
(kW∙m-2∙K-1)
solution concentration (% mass of
absorbent)
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ABSTRACT
This review gives an overview of experimental techniques for the measurement and estimation of heat
flux and heat transfer coefficients, during filmwise condensation.
It is shown that heat flux can be estimated either from measurements in the solid medium, from boundary
conditions, or from a global balance on the condensing fluid. Some advice is given in order to reduce
measurement uncertainties. The choice of the measurement method does not depend on the value of
the heat flux or heat transfer coefficient, but relies on experimental constraints, specific to each study
(for example imposed subcooling of the solid medium).
The heat transfer coefficient is then deduced from the heat flux and either from measurements or
estimation of the wall and fluid temperatures, or from estimations of the secondary fluid heat transfer
coefficient.
Keywords: Condensation, Experimentation, Heat Flux, Heat Transfer Coefficient, Review.

1. INTRODUCTION
Several reviews have been published in the field of filmwise condensation (for example Cavallini et al.,
2003; Dalkilic and Wongwises, 2009; Huang et al., 2015). They take into account various aspects of the
condensation (presence of non-condensable gases, geometry and orientation of the condenser,
smoothness of the condensing wall, nature of the refrigerant, test conditions …). However, none of them
present in detail the experimental methods implemented in the articles they reviewed to estimate the
heat flux and the heat transfer coefficient (named thereafter HTC). That is why this review aims at giving
an overview as general as possible of the different experimental techniques that can be used to estimate
the heat flux and the HTC during filmwise condensation. To conduct this review, published papers
dealing with experimental filmwise condensation, heat flux and HTC measurements were searched for.
Due to space constraints, only few papers will be discussed here.
A HTC being the ratio of the heat flux to the difference of temperature between the wall and the fluid,
methods to estimate heat fluxes will first be presented. The paper will then focus on the estimation of
the temperature difference between the wall and the fluid. Another method to estimate the HTC will then
be introduced before concluding the paper.

2. ESTIMATION OF THE HEAT FLUX
The methods used to estimate the heat flux in heat exchangers can be classified in two categories:
estimation of the wall heat flux or estimation of the heat flux from boundary conditions. A global balance
on the condensing fluid can also be used (for example Oh and Revankar, 2005; Ohira, 2001) or coupled
with one of the local heat transfer estimation method described hereafter (for example Yadav et al.,
2018). For a matter of concision, this last method will not be developed here.
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2.1.

Estimation of the Heat Flux in the Wall

2.1.1. Using heat flux sensors (HFS)
The most direct way to measure a local heat flux is to use HFSs, usually embedded in the solid medium
dividing the two fluids in a heat exchanger (Koyama et al., 2003; Singh et al., 2017). It is extremely
important to choose carefully the location of the HFS. Indeed, its presence can affect the local heat flux
and hence induce an error in the measurement. As explained by Trethowen (1986), the characteristics
of heat flux around a HFS depend on both the distribution of heat flows within the measured structure
and the surface heat transfer conditions around and over the sensor. Some evaluations of the errors in
heat flux measurements induced by the presence of a HFS are summed up in Table 1. The errors are
mainly due to the heat flowing preferably around the sensor than through it due to a higher thermal
resistance of the sensor than heat conduction medium (Singh et al., 2017; Yadav et al., 2018). They are
also due to the fact that a portion of the flux within the sensor spills around its edges and is therefore
not measured. Different parameters, such as the thickness of the HFS, also have an impact.
Trethowen (1986) thus proposed various general methods to reduce and stabilize measurement errors.
It is possible, for example, to increase the size of the sensor or the thermal resistance of the wall under
test. Singh et al. (2017) also proposed to use HFS with an impedance similar to that of the heat
conduction medium, in order to reduce intrusion effects.
Table 1. Some evaluations of the errors in heat flux measurements induced by the presence of a HFS

Author
Singh et al.
(2017)

Trethowen
(1986)

Estimation of error
1. From its bibliographic review.
Evaluation from Wright et al.,
(1983): ~ 25%

Causes of errors
Various contact thermal
resistances.

Remarks
No
indication on
the heat flux

2. From its own study.
Decrease of wall heat flux along
the thickness of the plate, due to
the presence of the HFS:
- From 0 to 60 % (HFS flushmounted at the front surface)
- From 0 to 100% (HFS flushmounted at the rear surface)
Predicted measurement errors
(for surface-mounted HFS
without edge guards) from
0.66% to 88%

- Uncalibrated HFS
- Ratio of the thickness of the
conduction medium to the
thickness of the HFS
- Nature of the heat conduction
medium

Numerical
simulation

- Various thermal resistances
(surface resistance, total thermal
resistance of structure, …)
- Conductivity and thickness of top
substrate layer
- Length of HFS

Heat flux of
90 kW∙m-2

Numerical
simulation
Heat flux of
4-70 W∙m-2

According to a recent study conducted by Singh et al. (2017), it is better to have a flush-mounted HFS
situated at the rear of the plate (other side compared to the fluid of interest - Fig. 1). Flush mounting
limits the impact of the sensor on the flow (creation of flow field disturbances, turbulence and eddies),
but cannot eliminate the contact resistance. The effect of flush-mounted HFS on the boundary conditions
is more important for laminar than for turbulent flow. Indeed, the latter is more rapidly changing and
chaotic. However, the mounting of the HFS at the rear of the wall induces delay in the time response. It
is due to its remote location from the area of interest, which must be added to the time constant of the
sensor itself. Therefore, it can only be used for quasi steady-state measurements. It is also to be noted,
that a mounting of the HFS at the rear of the plate induces a greater reduction in heat flux along the
thickness of the plate. It implies an increase of heat flux measurements’ errors (Table 1).
A solution that could improve both the efficiency and the accuracy of the sensor is a calibration of the
latter in the experimental conditions (Singh et al., 2017; Yadav et al., 2018). Unfortunately, in these
papers, no estimation of the errors reduction due to such a calibration is given.
In any case, it is worth noting that a HFS measures only unidirectional heat fluxes.
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In the papers presented in this section, the measured heat flux varies from 20 to 88 kW∙m-2, and the
estimated HTC from 12 to 15 kW∙m-2K-1.

Figure 1: Top: three different set-ups of Singh et al. (2017), with no sensor (a), a flush mounted HFS on
the front surface (b), a flush mounted HFS on the rear surface (c). Bottom: view from top of the steel
plate, with a color scale presenting the wall heat flux at the front of the plate in the three mountings
presented above. Numerical study results

2.1.2. Using temperature sensors
Another method to estimate the heat flux consists in first measuring the temperature of the wall in one
or several points (usually with thermocouples). The heat flux is then deduced from these data by an
inverse heat conduction method coupled with several hypotheses depending on the study. These
studies are divided in two main categories: those making the approximation of a steady-state
phenomenon and those measuring a transient local heat flux.
In the papers presented in this section, the estimated heat flux varies from 4 to 1000 kW∙m-2 (the highest
heat fluxes are obtained in micro channels), with uncertainties from ± 3.8% to ± 16%. And the estimated
HTC varies from 0.5 to 27 kW∙m-2K-1 (with uncertainties ± 3.6% to ± 21%).
a) Steady-state local heat flux measurements
When observing a well-established phenomenon of filmwise condensation, most authors assume a
steady state phenomenon in order to determine the heat flux from temperature measurements, using
simplified steady-state heat conduction equations (for example Akaki et al., 1995; Al-Zaidi et al., 2018,
Lee et al., 2006). This hypothesis implies several experimental precautions and especially requires a
waiting time for the test conditions to reach a steady state (for example, 5 mn for fluctuations of less
than 5% of measured value in the study of Xu et al., 2016). However, this precaution does not prevent
local unstable phenomena. The hypothesis of a one dimensional heat transfer is always made in the
simplified cases presented in the papers. The heat flux is then deduced from the thermal conductivity of
the material, its thickness, and the gradient of temperature.
In order to estimate the gradient of temperature, even if it might not lead to the lowest uncertainties, the
most common solution consists in measuring the difference of temperature between pairs of
thermocouples. Several authors, like Al-Zaidi et al. (2018), use a simple arrangement with
thermocouples inserted in two rows (Fig. 2).
According to Wu and Vierow (2006) and Akaki et al. (1995), the errors on the estimated heat flux mainly
come from errors on the temperature measurements. Ensuring an efficient thermal contact between the
wall and the temperature sensors is therefore necessary. That is why these authors proposed each a
solution. The first one consists in using thermocouples with a plug design and filling the gap with silver
epoxy. The other one consists in using stainless steel bands to hold the thermocouples, and defining an
effective thermal resistivity of the wall to compensate for the residual contact resistance. Another
conclusion that could be drawn from the initial remark is that this “steady state local heat flux estimation”
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solution is especially fitted for experiments where it is possible to implement a significant sub cooling of
the wall. Indeed, for low sub cooling, the impact of the sensors uncertainties will not be negligible.
Shin and Kim (2004) adopted an entirely new technique to estimate in tube condensation heat transfer
for very low heat dissipation rate and mass flow rates. Their set-up uses two parallel copper tubes, both
cooled by the same fluid. In the first one, the condensing refrigerant flows horizontally. In the second
one, the authors placed a variable power supplied heater, experimentally adjusted to exchange the
same heat flux as the refrigerant (by temperature comparison). It allows a very simple control of the heat
flux, which does not necessitate any information on the secondary fluid and which enables very small
dissipation rates (as low as 0.75 W). This method is also very accurate. A preliminary test, where another
heater replaced the refrigerant, gave a maximum error of 2.6 % between the value of the second heater
and the value calculated using the described method.

Figure 2: Typical scheme of the heat flux measurement inside the solid medium, using two
thermocouple lines (Al-Zaidi et al., 2018)

b) Transient local heat flux measurements
Understanding the behavior of a system during transient phenomena represents an essential step in its
global comprehension and can shed light on the physical processes at stake. The transient heat flux
can be estimated, using data from one or two thermocouples and an inversion algorithm (Inverse Heat
Conduction Method). Yadav et al. (2018) presents three different models. The first one uses data from
one thermocouple embedded inside the wall, with known boundary conditions. The second one uses
one thermocouple for the inversion process, and boundary conditions deduced from another
thermocouple’s data history. The last model models the solid as a semi-infinite medium and uses data
from at least one thermocouple. They showed that the results obtained for the two thermocouples
method are more accurate than for the one-thermocouple method. Indeed, the one thermocouple model
is dependent on the assumption of constant temperature at rear boundary, hypothesis which is not
verified in their experiment. According to the authors, the two thermocouples model is also much more
robust and versatile. Since they compared their results with results obtained from a HFS positioned on
the rear surface of the condensing plate, it is worth noting another of their conclusions: a rear-mounted
HFS must not be used to capture transient behaviours. Indeed, they observed a delay during the
establishment of the steady-state.
2.2.

Estimation of the Heat Flux from Boundary Conditions

2.2.1. Using thermoelectric coolers
In order to control the heat flux passed onto the condensing fluid, several authors used thermoelectric
coolers (Baird et al., 2003; Tiwari, 2011). In this solution, the heat flux is controlled by the electrical
power supplied to the cooler (conceptually equivalent to the use of electric heaters in the studies on
vaporization). One challenge is to evacuate the heat flux produced by the cooler on the hot side of the
device. One solution is to employ a heat sink, which offers several advantages. It enables the control of
the hot side temperature, and thus the control of the heat flux (Tiwari, 2011). It also improves the
efficiency of the cooler, by minimising the temperature difference between its two faces (Baird et al.,
2003). On the cold side, a heat sink is not necessary, as condensation is one of the best solution to
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dissipate heat. However, it can be appropriate to homogenise the temperature, using for example an
aluminium plate (Tiwari, 2011), or a copper block (Baird et al., 2003).
Baird et al. (2003) underlined a limitation of this solution. When the temperature difference between their
two faces increases, thermoelectric coolers efficiency decreases. For a given thermoelectric cooler,
there is a limit temperature difference, above which it does not produce the needed heat flux. In their
study conducted at constant heat flux, because of the low HTCs in the area near complete condensation
(mass fraction of vapour less than 0.2 in the study), the required wall temperatures were below the
available thermoelectric device sink temperature. Therefore, the wall heat flux was lower than needed.
Another limitation is that, if this solution is experimentally interesting at small scales, it is less fitted for
large scales, due to low heat transfer capacities per cooler (around 100 W).
The uncertainty associated with the thermoelectric cooler’s calibration in the study of Baird et al. (2003)
is less than 5 %. It gives an uncertainty in the local heat flux estimation of less than 10 %, for a range of
heat flux from 15 to 110 kW/m2.
2.2.2. Balance on the secondary fluid
Using a single-phase secondary fluid can be a sufficient solution for an easy measurement of the heat
flux. In fact, heat transfers in the case of monophasic fluids are usually well known and the heat flux
measurement can therefore be readily implemented. The general idea of this method is to measure the
flow rate of the secondary fluid, as well as its inlet and outlet temperatures. Knowing its heat capacity,
it is then possible to calculate the heat flux. This method can be used to measure mean heat flux on the
whole condensing section (temperature known only at the inlet and outlet of the section - Dalkilic et al.,
2009; Fan et al., 2018; Han et al., 2003; Longo et al., 2004), mean heat flux on subsections of the heat
exchanger (temperature known at several axial locations - Rahman et al., 2018; Sarraf et al., 2015), and
local heat flux (temperature known at every axial location of the condensing section - Matkovic et al.,
2009; Peterson et al., 1997). Due to high latent heat in condensation, the needed secondary fluid mass
flux is usually high. For this reason, this method is not applicable to all experimental cases.
In the papers presented in this section, the estimated heat flux varies from 4.7 to 110 kW∙m-2(with
uncertainties from ± 4% to ± 10%) and the estimated HTC from 0.7 to 30 kW∙m-2K-1(with uncertainties
from 4.3% to 27%).
Park et al. (2011) underline one limit of this method. If the difference of temperature between the inlet
and outlet of the coolant section is low, large errors are made on the estimation of the heat flux, due to
the increased ratio of measurement errors to measurement values.
Sarraf et al. (2015) used this method, estimating the temperature of the coolant in several locations.
Unlike most of the other studies, they did not use thermocouples, but instead used infrareds. The raw
heat flux is then calculated multiplying the mass flow with the difference of enthalpy between the inlet
and outlet of the section (the section corresponds to the area comprised between two consecutive
temperature sensors). Rahman et al. (2018) determined for example the enthalpy with an iterative
method. Some authors, like Rahman et al. (2018), also took into account the thermal losses in their
calculation of the heat flux. The local heat flux is weighted by the ratio of the heat release of refrigerant
to the sensible heat gain of the coolant on the whole condenser. An estimated heat dissipation can also
be subtracted to the section heat flux.
The authors interested in obtaining local heat flux (for example: Matkovic et al., 2009; Peterson et al.,
1997) used a slightly different method. They interpolated the temperature of the coolant from
measurements made at several positions with thermocouples. Some, like Matkovic et al. (2009),
interpolated it with a polynomial function, while Peterson et al. (1997) implemented a more refined
method, with temperature profile factors depending on temperatures and flow rates. The authors were
then able to calculate the local heat flux at every axial location of the tube.

3. ESTIMATION OF THE HEAT TRANSFER COEFFICIENT (HTC)
Once the heat flux has been estimated using one of the methods presented above, the condensation
HTC can then be deduced from these data and either from measurements or estimation of the wall and
fluid temperatures, or from estimations of the secondary fluid HTC.
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3.1.

Measurement of Wall and Fluid Temperatures

3.1.1. Measurement of fluid temperature
Three different methods have been implemented by the authors to measure the fluid temperature: direct
measurement in the condensing channel (Akaki et al., 1995; Lee et al., 2006; Rahman et al., 2018);
estimation from pressure measurements (Al-Zaidi et al., 2018; Matkovic et al., 2009; Oh and Revankar,
2005; Ohira, 2001); or estimation from the bulk vapour mass fraction if the gas flow rate is considered
as constant (Peterson et al., 1997).
While using direct measurements, precautions, such as locating the thermometer upstream to the
condenser, must be taken in order not to disturb the vapour flow (Ohira, 2001). Taking a local value for
the bulk temperature also potentially implies large errors if flow temperature and properties vary
significantly (Peterson et al., 1997). Thus, some authors (Fan et al., 2018; Koyama et al., 2003) took a
mean value of the fluid temperature, using the measured value at the inlet and at the outlet of the section,
and possibly those measured along the condenser section.
The saturation pressure is often just measured at the inlet and outlet of the condenser and estimated
in-between, generally with usual correlations. These correlations take into account the pressure loss
due to sudden condensation, the momentum pressure drop, and the frictional pressure drop. Void
fraction can be calculated using, for example, Rouhani & Axelsson equations and the friction pressure
drop can be deduced from the Lockhart-Martinelli equation.
3.1.2. Measurement of wall temperature
The wall temperature can be measured directly at the wall surface, in one or several locations (for
example Fan et al., 2018). However, in order not to disturb the flow on the condensation side, the
condensation side wall temperature is often deduced from the other side wall temperature
measurements, or from measurements inside the wall (Al Zaidi et al., 2018; Matkovic et al., 2009;
Rahman et al., 2018). The heat flux is deduced from previous estimations. Authors generally assume a
one-dimensional steady state heat conduction through the wall.
It is worth noting that, in their study, Akaki et al. (1995) presented a method to obtain very accurate
estimations of the temperature. They applied it to a condensation case, with a 5.5 mm-thick stainless
steel wall. Thermocouples with a diameter of 0.65 mm were inserted in grooves on the inner and outer
walls. The authors corrected the measured values, accounting for the dispersion of the thermocouples
in the grooves at each level.
3.2.

HTC of the Secondary Fluid Known

For mean HTC estimation, another method using the overall HTC of the exchanger and the HTC of the
secondary fluid is often implemented. This overall HTC is defined as the product of the heat transfer
with the logarithmic mean temperature difference. This simplified method implies significant hypotheses:
heat losses are supposed negligible, specific heat capacity of the fluid and HTCs are supposed constant
along the test section.
The overall HTC accounts for different heat transfers: the one between the wall and the secondary fluid,
the heat conduction inside the wall and the condensation heat transfer. The fouling resistances are
usually assumed negligible and are therefore not considered. The thermal resistance of the wall
depends on its thickness and thermal conductivity. It is sometimes assumed negligible compared to
convection (Han et al., 2003).
The HTC on the side of the secondary fluid is estimated using either correlations obtained from the
literature (for example, the Kutateladze correlation, used by Ewald and Perroud, 1971); or previous
correlations from experimental data (Oh and Revankar, 2005). For example, Han et al. (2003) used
results obtained for single-phase pre-tests. Several authors, like Longo et al. (2004), also opted for the
Wilson plot method running specific experimental tests beforehand. Longo et al. (2004) even used a
modified Wilson plot technique accounting for variable fluid property effects.
It is interesting to note that, according to Ewald and Perroud (1971), if the HTC of the secondary fluid is
much greater than the overall coefficient, which is the case in their study (boiling secondary fluid), an
error in the secondary fluid HTC will have a reduce impact on the primary fluid HTC.
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4. CONCLUSIONS
Heat flux can be determined from the measurement of a temperature difference inside the solid medium,
but also from boundary conditions or a global balance on the whole test section. The choice of the
measurement method does not depend on the value of the heat flux or HTC, but relies on experimental
constraints specific to each study (for example imposed subcooling of the wall). Condensation HTCs
are then deduced from the heat flux and else, wall and fluid temperatures, or, secondary fluid HTC. The
most precise method is the one where wall and fluid temperatures are directly measured.
Practical steps can be taken in order to reduce measurement uncertainties. Some have been presented
all along this review. Among them ensuring an efficient thermal contact between the wall and the
temperature sensors, using HFSs with an impedance similar to that of the heat conduction medium or,
having flush-mounted HFSs at the rear of the plate. Other methods to reduce uncertainties can be cited,
including an on-site calibration of thermocouples, a check of temperature and pressure under saturated
conditions and a check of thermal balance in the test section (Matkovic et al., 2009). It is also worth
noting, although it is evident, that the largest uncertainties will be found at low mass flux (Dalkilic et al.,
2009) and low difference of temperature between the wall and the fluid (Oh and Revankar, 2006), or
low value of the logarithmic mean temperature difference. These parameters thus may be set at a
sufficient value to reduce these uncertainties.
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ABSTRACT
Negative transport properties have always been pointed out as the key factors that hinder the
application of ammonia/ionic liquids (NH3/ILs) in the absorption cycles, while heat and mass transfer
of these new fluids in components have been rarely reported. The authors selected corrugated plate
heat exchangers as the geometry to explore the absorption of the proposed working fluids. In this
paper, a modeling method and a continuous absorption-desorption setup are introduced. Absorption
process is modeled with the two-resistance theory by introducing a gas-liquid interface. Analytical
heat transfer results and mass transfer from penetration theory are applied. With the model,
distribution of local parameters and overall heat and mass transfer characteristics of an absorber in
a cooling application are obtained. The overall heat transfer coefficient of an absorber for a
refrigeration application is around 1350 W/(m2K) for the studied NH3/IL working fluids. An
experimental setup is developed for further model improvement.
Keywords: Ammonia, Ionic liquid, Absorption, Plate Heat Exchanger, Heat Pumps, Heat/Mass
Transfer.

1. INTRODUCTION
Thermally driven vapor absorption heat pumps and refrigeration systems provide energy-efficient
ways of heating and cooling for the industry, agriculture, residential and transport sectors. Recently
investigations have been carried out to explore the application of ionic liquids (ILs), a type of roomtemperature molten salts, as absorbents in vapor absorption systems, to prevent the risks of
corrosion and crystallization of H2O/LiBr pair and weaknesses of low efficiency and complexity of
systems with NH3/H2O pair. In particular, working pairs of NH3/ILs have been proposed as working
fluids in absorption cycles to remove rectification and distillation sections, and to improve cycles'
thermal efficiency (Wang et al., 2018; Wang and Infante Ferreira, 2017).
To study the absorption process of NH3 into NH3/ILs solution, a theoretical model is proposed to
describe the heat and mass transfer performance of the vapor absorption inside corrugated plate
heat exchangers (PHX), which combines the two-resistance theory with a gas-liquid interface, voidfraction for a prediction of the liquid film thickness, and Chilton-Colburn analogy to couple the heat
and mass transfer. Additionally, an experimental setup is developed for further improvement of the
model. In this paper, the use of the proposed model in a cooling application is presented. The work
with the setup is not finished yet. Nevertheless, the setup is also introduced to show the continuous
process and the key components and instruments in the testing section. With these efforts, heat and
mass transfer performances are investigated during NH3 absorption by different NH3/IL fluids inside
the PHX.

2. HEAT AND MASS TRANSFER MODEL
As shown in Fig. 1, taking advantage of the symmetry feature of the plate heat exchanger, only a
plate with its surrounding two streams are studied in this model. Distribution of parameters is
considered by numerically dividing the plate heat exchanger into small control volumes along the
bulk streams (the length of the plates). The heat and mass transfer of the three streams, i.e., the
cooling water, the solution and the NH3 vapor, are studied in each control volume. Regarding the
vapor absorption, the two-resistance theory with an interface is applied to describe the heat and
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mass transport between the vapor-liquid interface with its surroundings (the vapor and solution bulk
streams, respectively). Heat and mass transfer fluxes are calculated using empirical correlations.

(a)

(b)
Figure 1: Schematic diagram of the modeled absorber (a), and the split control volume
(b) The corrugated surface of plates is not shown

Simplifications are adopted to develop the heat and mass transfer model of absorption:
• Absorption is assumed at a steady state.
• The liquid film is assumed to have a symmetrical thin feature contacting with plates.
• Interface is in equilibrium at saturated conditions.
• The distribution along the width of plates is taken as uniform.
• Properties and conditions at the inlet of a control volume are used to represent the local ones.
• Absorbents are regarded as non-volatile, thus no mass transfer of it occurs in the vapor phase.
• Thermal boundary layers between the two-phase and single-phase regions smoothly transit.
• Heat conduction along the thickness of plates is negligible.
• Longitudinal conduction of plates and fluids are negligible.
• No heat loss to the environment.
In this study, the calculation is carried out from the bottom of the plate heat exchanger to its top.
Control volumes are discretized according to their lengths, which are identical in the current setting.
For each control volume, conditions (flow, temperature, pressure and composition) at the inlet are
taken as the input. Sub-routines for obtaining other thermophysical properties, film thicknesses and
dimensionless numbers are also implemented. An iteration is carried out based on the heat and
mass balances to obtain the local interface temperature, Tint.
Calculated results are heat and mass transfer properties and the outlet parameters. The latter ones
will be used as the input for the next control volume.
2.1.

Fluids and Properties

The fluids in this study include NH3/LiNO3 and NH3/[emim][SCN] (1-ethyl-3methylimidazoliumthiocyanate). The properties of pure NH3 are from NIST database Refprop 9.1
(Lemmon et al., 2013). The required properties of NH3/LiNO3 are vapor-liquid equilibrium (Libotean
et al., 2007), density, heat capacity, enthalpy (Infante Ferreira, 1984), viscosity (Libotean et al., 2008),
thermal conductivity (Cuenca et al., 2014) and diffusivity (Venegas et al., 2004). Thermodynamic
properties, such as vapor-liquid equilibria, densities, heat capacities and enthalpies regarding
NH3/[emim][SCN] mixture are provided by Wang et al. (2018) and Wang and Infante Ferreira (2017).
Required transport properties are introduced by Wang (2019).
2.2.

Film Thickness

Symmetrical thin films on plates can be used to represent the liquid flow of various flow patterns,
such as film and slug flow, for vapor-liquid two phase flow in PHXs. In this study, the solution streams
are also simplified as liquid films. The thickness of the liquid film is obtained with the help of the voidfraction. NH3 vapor is assumed surrounded with liquid films between plates, as shown in Fig. 1. The
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void-fraction is applied to estimate the fraction of the channel cross-sectional area that is occupied
by the gas phase. With it, the film thickness is expressed as,

 f = (1 −  )

Lg

Eq. (1)

2

where, Lg is the gap between plates. The void-fraction,  , is obtained via Eq. 2 (Zivi, 1964):

 1 − q   V 
=1+ 



 q  L 
1

2.3.

2/3

Eq. (2)

Pressure Drop

The frictional pressure drop of a stream along a channel is estimated using Eq. 3:

dP
v 2
=
dL
2d h

Eq. (3)

For the studied plate heat exchanger, the friction factor,  , is obtained from the experimental data of
Amaris Castilla (2013) as reported by Wang (2019),

 =23050  Re −L1.69
2.4.

Eq. (4)

Heat Transfer

Heat transfer characteristics of the two single-phase flows: cooling water, and NH3 vapor (heat
transfer to the interface), are described using the following two correlations, respectively.
Nucw =0.858 Re0.555 Pr1/3

Eq. (5)

NuV =8.23

Eq. (6)

Characteristic lengths of the dimensionless numbers are the hydraulic diameters for both cases.
The interface which is introduced for a convenience to study absorption problems does not naturally
exist. The heat and mass transfer related to it cannot be practically detected. In this work, with the
help of the proposed model, the Nusselt numbers of the liquid film, NuL,w and NuL,int, are determined
using the experimental data from Amaris Castilla (2013) as reported by Wang (2019),

Nu L,w =0.1372  Re0.6139
 Pr1/3
L

Eq. (7)

Nu L,int =0.9077  Re0.8381
 Pr1/3
L

Eq. (8)

2.5.

Mass Transfer

In the studied problem with absorption controlled by the liquid phase, the only mass transfer takes
place from the interface to the solution bulk stream. The Chilton-Colburn analogy is applied to obtain
the mass transfer coefficient between them, which is based on the boundary layers analogy:
1/3

Sh
 Sc 
 
Nu L,int  Pr 

Eq. (9)

The characteristic lengths of the dimensionless numbers for the liquid film in the two-phase region
are selected as the film thickness.
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3. EXPERIMENTAL SETUP
A continuous absorption-desorption section is designed and constructed in the authors’ lab.
Compared with an absorption heat pump system, the setup has no evaporator or no condenser. The
focus of experiment with the setup is on the absorption process. The process diagram of the set-up
is shown in Fig. 2.

(a)

(b)
Figure 2: Process flow diagram of the experimental absorber setup in (a) and the absorber test
section in (b)

The setup consists of four sections: a heating loop with a thermostatic bath WB-3 (with an internal
pump) and a PHX PX-3, a cooling loop with a thermostatic bath WB-4 (with an internal pump) and
PHX PX-4 (the absorber), a working fluids loop, and some auxiliary lines (such as pressure relief
valve for safety, and fluids charging lines).
As the main section, the working fluids loop is constructed with a plenty of components and
instruments. As a part of it, the PHX PX-4 provides the geometry for NH3 vapor - solution absorption.
Vapor and weak solution streams enter the PX-4 from the bottom. The strong solution stream leaves
it from the top and is pumped to the separation section which consists of PX-3 and separator VS-1.
The cooling water enters the other side of the PX-4 from the top.
Inlet and outlet temperature signals of the working fluids and cooling water are detected by the PT100
sensors TI-4, TI-5 and TI-8, TI-9 (systematic uncertainty of ±0.03°C). The pressure drop and the
outlet pressure in the working fluid side are detected using a pressure difference transmitter PI-1
(accuracy ± 0.8 kPa) and a pressure transmitter PI-2 (accuracy ±8 kPa). Flow rates are recorded by
the flowmeters FI-1 (accuracy ±0.15% of measured flow), 2 (accuracy ±0.5% of measured flow) and
3 (accuracy 0.25% of measured flow) for the weak solution stream, vapor stream and cooling water
stream, respectively. Meanwhile, FI-1 also records the density of the solution stream (accuracy ±0.5
kg /m3).
The pump PUMP-1 is used to circulate the weak solution stream. The silicon oil flow inside the other
side of the PX-3 provides heat to boil the NH3 off from the strong solution stream. Separated weak
solution will be precooled in the thermostatic baths WB-1 and WB-2 with coils C-1 and C-2 before
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entering the absorber. Also two PHXs PX-1 and PX-2 are applied as internal heat exchangers
between the hot weak solution and cold strong one to save loads of thermostatic baths.
A check valve V-4 is used to prevent the back flow in the vapor line. Sight glass SG-1 is provided to
confirm full absorption. Apart from the PT-100 sensors used in streams of the testing heat exchanger,
there are some extra to monitor the temperature in different parts of the process.
For safety issues, a pressure switch PI-3 is applied to stop the setup, and a pressure relief valve V8 will release vapor, when pressure is too high inside the working fluid loop.

4. SIMULATION RESULTS
Currently, only simulation work has been carried out.
4.1.

Cooling Cycle Performance

The exploration of heat and mass transfer performance of NH3/ILs absorption is based on the
application of NH3 absorption refrigeration system in an operation condition of Tgen/Tcon/Tabs/Teva =
120/35/35/-5 °C (Wang and Infante Ferreira, 2017). The case of NH3/LiNO3 is also studied for
reference purposes.
Table 1. Inlet conditions of the NH3-based working fluids side of the absorber

[emim][SCN]
LiNO3

mLin / mVin

wLin

TLin

TVin

[-]

[kg/kg]

[°C]

[°C]

COP
[-]

40.57
4.18

0.036
0.344

40.4
40.0

-5.0
-5.0

0.660
0.619

The inlet conditions of these fluids are listed in Table 1, together with the predicted COP. For an
easy comparison, the vapor flow and cooling water inlet conditions are kept the same for all cases,
in
which are mV = 4.32×10-4 kg/s, Tcw
= 30 oC and mcw = 1.28×10-2 kg/s.
4.2.

Distribution of Parameters during Absorption

(a)

(b)

Figure 3: Distributions of (a) temperatures and (b) NH3 mass fractions for the NH3 absorption case
with fluid NH3/[emim][SCN]

For the case of NH3 absorption by the fluid NH3/[emim][SCN] as shown in Fig. 3a, temperature of
NH3 vapor increases rapidly at the beginning of the absorption. Then it reaches peak which is at a
comparable level with the local temperature of the solution, and drops until it is completely absorbed.
The temperature of interface is close to that of the liquid, since the heat resistance between them is
lower. On the other hand, the NH3 fraction difference between them is larger at the entrance (as
shown in Fig. 3b). It drives a high rate of NH3 mass transfer from the interface to the liquid. The high
transfer of mass also leads to a large amount of absorption heat release, which in turn increases the
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liquid temperature. An increase of interface temperature causes the equilibrium fraction of NH3 to
drop, thus the absorption rate reduces. In the no-absorption region, since no absorption heat is
released, the drop of solution temperature is sharper.
For the reference case of NH3/LiNO3, the aforementioned vapor flow is too large to be fully absorbed
with the proposed geometric and external conditions. To keep the absorption area in this case the
same as that of NH3/IL case, the vapor flow is mV = 2.42×10-4 kg/s (Note that the solution flow is
determined making use of the corresponding circulation ratio from cycle calculations). The
temperature and concentration distributions are shown in Fig. 4.

(a)

(b)

Figure 4: Distributions of (a) temperatures and (b) NH3 mass fractions for the NH3 absorption case with
reference fluid NH3/LiNO3

Compared with the ILs case, the reference case shows a less rapid increasing of vapor temperature.
The temperature rise of the solution stream is more obvious at the entrance. Compared with the IL
case, the reference case has a higher level of NH3 fractions. The levels of interface NH3 fractions
reflect the absorbents' solubilities of NH3. Because it has a significantly smaller solution flow, see
Table 1, the increase of NH3 fraction in the NH3/LiNO3 solution is also larger than that of the NH3/IL
case.
4.3.

Overall Performance during Absorption

Parameters concerning the heat transfer, mass transfer and pressure drop are summarized to
evaluate the overall performance of the studied fluids in the PHX absorber. Results of these
parameters are obtained and listed in Table 2.
Table 2. Overall performance of the studied PHX absorber with NH3-based fluids

-

Amt/A

Q/ A

LMTD

U

G

Pout

[-]
0.8
0.8

[kW/m2]
6.63
3.77

[K]
4.90
2.44

[W/(m2K)]
1353.0
1545.5

[g/(m2s)]
5.40
3.02

[kPa]
356.0
348.1

[emim][SCN]
LiNO3

The term Q / A is the heat transfer flux across the plate. Using the logarithmic mean temperature
difference, defined in Eq. 10, the overall heat transfer coefficient, U, can be obtained to evaluate the
heat transfer performance of different fluids in the studied PHX.

(T
LMTD =
ln (T

out
L

) (
− T ) / (T

− Tcwin − TLin − Tcwout

out
L

in
cw

in
L

)

)

− Tcwout 

Eq. (10)
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U=

Q/ A
LMTD

Eq. (11)

The reference fluid, NH3/LiNO3 shows a better heat transfer performance than the studied NH3/IL
fluid. However, mass transfer performance of it is significantly worse than the IL-based case.

5. CONCLUSIONS
This work discusses the performance of the absorber of IL-based absorption systems. Heat and
mass transfer during the absorption of NH3 into NH3/non-volatile salts solutions inside corrugated
plate heat exchangers has been modeled. Heat transfer coefficients of NH3/[emim][SCN] fluid are
estimated around 1350 W/m2K with the studied geometry and in the studied condition for an
absorption refrigeration application. The overall heat transfer coefficient of NH3/[emim][SCN] is lower
than that of the reference fluid NH3/LiNO3. However its mass transfer performance is significantly
better.
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NOMENCLATURE
A
D

G

L

m

Q
T
v






1,2
ave
con
eva
g
h
int
mt
out
w

 Lc

 vLc
Re =

Nu =

Area [m2]
Mass diffusivity [m2/s]
Mass flux [kg/(m2 s)]
Length [m]
Mass flow rate [kg/s]
Heat flow [W]
Temperature [°C]
Velocity [m/s]
Greek letter
Heat transfer coefficient [W/(m2 K)]
Thickness [m]
Thermal conductivity [W/(m K)]
Density [kg/m3]
Subscript and superscript
Inlet/outlet of control volumes
Average
Condenser
Evaporator
gap
Hydraulic (diameter)
Interface
Mass transfer
Outlet
Wall
Dimensionless numbers
Nusselt number
Reynolds number

Cp
d
h
LMTD
P
q
U
w

Heat capacity [J/(kg K)]
Diameter [m]
Enthalpy [J/kg]
Logarithmic mean temperature difference [K]
pressure [kPa]
Vapor quality [kg/kg]
Overall heat transfer coefficient [W/(m2 K)]
Mass fraction [kg/kg]





Mass transfer coefficient [m/s]
Void-fraction [m3/m3]
Viscosity [Pa s]
Frictional factor [-]

abs
c
cw
f
gen
in
L
NH3
V

Absorber
Characteristic (length)
Cooling water
Film
Generator
Inlet
Liquid
NH3 component
Vapor
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D
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ABSTRACT
Solid desiccant heat pump (SDHP) is a promising household air-conditioning. As mentioned in
former publication, it features periodic switchover and weakly-coupled temperature and humidity
control. The switchover period is typically no more than ten minutes and, to prevent the transient
shock right after the switchover, the refrigerant flow rate should also be altered regularly.
Furthermore, the sensible and latent heat handling capacity of the device has to be balanced and
real-time self-tuning is imperative to adapt the system to changing outdoor air condition and indoor
requirement. That is, system control strategies of the SDHP are more complicated than normal vapor
compression (VC) system. In this paper, a real-time control algorithm is proposed to optimize the
system operating parameters, such as switchover period, compressor frequency and valve opening.
According to calculation, real system incorporated with the control algorithm can achieve higher COP
and provides air of higher comfort level and stability.
Keywords: Solid Desiccant Heat Pump, Weakly-Coupled Temperature and Humidity Control, A RealTime Control Algorithm, Operating Parameters Optimization

1. INTRODUCTION
With the rising standards of living and diminishing resources, nowadays there is an urgent need for
high-efficient methods of air quality adjustment and energy recovery. In the field regarding humidity
control, solid desiccant has arisen wide attention, for its advantages like feasibility, adaptability,
energy conservation and environment protection (Zheng et al., 2014). The desiccant rotary wheel is
the most typical system taking advantages of solid adsorbent. However, the device features
increasing adsorption temperature and thus decaying dehumidification capacity along with high
regeneration temperature, due to the inherently positive adsorption heat of the material. Recent
studies on rotary wheel focus on developing isothermal dehumidification (Ge et al., 2009), which can
be realized by directing air alternatively through infinite desiccant wheels and intercoolers(Zhang
and Niu, 1998). Multistage rotary setups with intercooler(s) are then built based on the above
hypothesis (Ge et al., 2008), more effective in moisture removal but rather complex in structure. The
liquid desiccant dehumidification is also a promising alternative, since the inner cooling is more likely
in a liquid system (Ge et al., 2008). However, it has the drawback of corrosion(Ge et al., 2008).
Further research has been done to rule out above side effects. These endeavors accelerate the
advent of desiccant-coated heat exchangers (DCHEs).
DCHE is processed by coating solid desiccant on the outer surface of a conventional heat exchanger
(HE) (Jiang et al., 2015). Unsaturated desiccant is highly affinitive with water vapor, so mass transfer
occurs when humid air flows through. The cold fluid in the tubes facilitates the process, by removing
the adsorption heat and maintaining the desiccation ability. The regeneration step, conversely, is
aided with hot fluid flow. In order to treat the latent load continuously, two DCHEs work alternatively
between the two modes. When the cooling or heating capacity of the medium in tubes is redundant,
the device can also handle sensible heat load.
Single-phase fluid is potential candidate of the heat transfer medium, and the studies regarding the
DCHEs facilitated by the single-phase refrigerant (normally water), both numerically and
experimentally, are now extensive (Saeed and Al-Alili, 2017). Utilizing solar energy (or industrial
waste heat) as the heat source, DCHEs have been successfully adopted in the field of solar driven
desiccant cooling system (Park et al., 2016; Zhao et al., 2014; Zhao et al., 2016). Typical features of
such systems include periodical switchover, effective dehumidification but poor control of the
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temperature. Thus, a supplementary device like evaporative cooling or heat pump is needed in
practical application to overcome the indoor sensible load.
Two-phase refrigerant, however, is also an alternative. Since a compressor is commonly adopted in
temperature regulation of two-phase refrigerants, the solid desiccant heat pump (SDHP) is then
proposed to combine a VC system with DCHE (transforming to DCE/DCC). When incorporated in
heat pumps (Tolga et al., 2008; Tolga et al., 2010; Tu et al., 2017), the function of DCHEs would be
further extended, that is, realizing weakly-coupled temperature and humidity control both in the
cooling and heating modes. Several experimental studies have been published based on it, mainly
to clarify the concept, validate the practicality and show its energy saving potential. Detailed
research, aiming to explain mechanism and optimize the system design, are lacked both
experimentally and theoretically.
To investigate the novel heat pump system SDHPs, a dynamic mathematical model is imperative, in
order to facilitate the component selection, the parameter optimization and the performance
evaluation. In this paper, a real-time control algorithm is proposed to optimize the system operating
parameters, such as switchover period, compressor frequency and valve opening. According to
calculation, real system incorporated with the control algorithm can achieve higher COP and
provides air of higher comfort level and stability.

MATHEMATICAL MODEL
1.1.

System Description

(a)

(b)

Figure 1: The schematic of SDHP and its working principle

The solid desiccant heat pump (SDHP) system can be taken as a combination and revision of the
traditional VC system and the solid desiccant material. In this system, the sensible heat exchangers
(including an evaporator and a condenser) within the VC cycle are replaced by the desiccant coated
heat exchangers.
Same as the conventional VC system, the refrigerant in the SDHP operates as shown in Fig.1: after
absorbing the heat in the evaporator, the refrigerant vapor is compressed in the compressor,
condenses in the condenser and expands through the throttling device, then the cold refrigerant
goes to the evaporator again. The evaporator/condenser in this system, different from traditional HX,
would adsorb/desorb heat and moisture to/from the air simultaneously if facilitated by the cold/hot
fluid. Then, when the evaporator/condenser is saturated/dried up, it is time to switch over the fourway reversing valve, exchanging the position between the evaporator and the condenser. Thus, the
SDHP features a process of periodic switchover of the evaporator and condenser. The air duct
should also be re-constructed, to persistently guide the cooling air into the condenser.
1.2.

Mathematical Model of the DCEs/DCCs

Fig. 2 demonstrates the configuration of an example DCE/DCC and the fluids (air & refrigerant)
flowing through it. The structure confined in the cuboid (length: Lx; width: Ly; height: Lz), with the
repetitive unit shown in Fig. 2(c), is our object to conduct heat and mass transfer analysis. To
implement governing equation derivation in the air side, a Cartesian coordinate is defined as shown
in Fig. 2(a), with its origin coinciding with one of cuboid vertexes. While the refrigerant and DCE/DCC
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temperature calculation is conducted along the refrigerant mainstream direction, denoted as y2-axis.
This axis firstly points inward the tube at the inlet of the evaporator/condenser, and then reverses its
orientation once encountering a bend tube. Since the moisture content in desiccant varies throughout
the desiccant coating thickness, another n-axis (Fig. 2(d) and 2(e)) is also imperative.
The governing Eq. (1)-(4) of the DCE/DCCs, which respectively describe the transfer process in airside, desiccant side, HX side and refrigerant side, are then derived to analyze the component
quantitatively.

(a)

(b)

(c)

(d)

(e)

Figure 2: Detailed configuration of the example DCHE and its corresponding dimension （a） the
schematic diagram of the example DCHE (b)the left view of the DCHE (c)the repeating unit of the
DCHE (d)the left view of the repeating unit (e)the front view of the repeating unit
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Mathematical Model of the Compressor and the Throttling Valve

To supply indoor with comfort air and maintain high efficiency, the evaporation/condensation
pressure and the mass flow rate of the refrigerant in a heat pump should be compatible with its air
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handling requirements. As the pressure controllers and mass flow rate regulators of the two-phase
refrigerant, the compressor and the throttling valve are thus essential components in a SDHP.
A simplified model based on a variable-frequency rotor compressor is applied to the system
simulation. The basic governing equations (Eq. (5)) indicate that, given the evaporation pressure
pr,E, the outlet refrigerant enthalpy ir,Eout of the DCE and the condensation pressure pr,C, the significant
parameters of the compressor (the mass flow rate mr,CM, the electricity consumption PCM and the
outlet refrigerant enthalpy ir,Cin) can then be obtained.
ì
æp
ïmr ,CM = N CM VCM r r , Eouthv ,hv = 1 + cr - cr ç r ,C
çp
ï
è r,E
ï
ïï
( ir ,iso -entropy - ir , Eout ) + i ,h = 0.85
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r , Eout
s
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ï
ï
-i
m
i
ï P = r ,CM ( r ,Cin r , Eout ) ,h = 0.9
CM
e
ï
he
ïî

ö
÷÷
ø

cv , Eout c p , Eout

Eq. (5)

While the mass flow rate mr,VL and outlet enthalpy ir,Ein of the throttling valve are governed by the
pressure difference (pr,C-pr,E) and the outlet refrigerant conditions ir,Cout of the DCC.
ìïm = K ( p - p ) r
r ,VL
r ,C
r,E
r ,Cout
í
=
i
i
ïî r , Ein r ,Cout

Eq. (6)

As the throttling valve and the compressor are both assumed to have very small thermal inertia and
charge amount, the steady state models are applied for these component. In this case, the
temperature variation and the disparities of mass flow rate from inlet to outlet of the compressor and
throttling valve are omitted.

2. THE DYNAMIC SIMULATION OF SDHP
2.1.

Framework of the System Simulation

Figure 3: Framework of the system simulation of the SDHP

Fig.3 illustrates the calculation algorithm of the numerical study on the SDHP (equation (1)-(6))
consisting of four basic components, namely, a compressor (equation (5)), a throttling valve
(equation (6)), a DCE (equation (1)-(4)) and a DCC (equation (1)-(4)). The process shown in Fig.3
is repeated every time step with the updated initial conditions from one time step before. With the
assumed evaporation pressure p*r,E, evaporator outlet refrigerant enthalpy i*r,Eout and condensation
pressure p*r,C, the refrigerant conditions flowing through the compressor, DCC, throttling valve and
DCE can be successively derived. The obtained value of condensation pressure pr,C, as an output
of throttling model, then can be used to supplement the assumed value of p*r,C iteratively, until they
are almost equal. Similarly, the value of evaporation pressure p*r,E/refrigerant enthalpy i*r,Eout at
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evaporator outlet is estimated at first and amend repeatedly until the calculated enthalpy ir,Eout /charge
amount equals with the assumed/practical one.
When the above system encounters a sudden switchover, the status of the DCC/DCE (the spatial
distribution of the air temperature, the air humidity, the desiccant temperature, the desiccant moisture
ratio and the metal temperature) right before the switchover should be logged and then inputted as
initial conditions to the new DCE/DCC after the switchover. Apart from the refrigerant conditions, the
transient electricity consumption, the metal temperature, the desiccant moisture content and the air
output conditions can also be obtained during the process.
2.2.

Characteristics and Performance of the SDHP

Table 1. Main parameters adopted in the numerical study of SDHP

Component Parameters
Compressor volume (m3)
Compressor clearance Ratio
Compressor isentropic efficiency
Compressor electricity efficiency
Characteristic Constant of throttling valve

9.8e-6
0.08
0.85
0.9
6e-7

Operating parameters
Air velocity of the OA(m/s)
*Air conditions of the OA
Air velocity of the RA(m/s)
*Air conditions of the RA
System charge amount

0.8
35oC,21g/kg
1.2
25oC,10g/kg
980

Table 1 summarizes the important parameters adopted in the system simulation. The component
parameters of the compressor are empirical ones of rotor compressors commonly used in household
air conditioning. While the characteristic constant of throttling valve and the system charge amount
are chosen to match the compressor capacity. The DCE and DCC of the SDHP are in the same size,
to facilitate the frequent role exchange between the evaporator and condenser. To dissipate the
condensation heat in time and thus maintain an appropriate evaporation temperature in SDHP, the
air velocity through the condenser should be larger than the evaporator.
The switchover poses negative effects on SDHP system. In detail, an ideal regeneration cycle
completely warms up the DCC. Then, when it is transferred into the DCE, it needs to be pre-cooled
to regain the dehumidification capacity. Such process of alternative cooling and heating would waste
energy. Therefore, the heat load of the DCE can then be divided into three categories: latent heat,
sensible heat and transient heat, as defined in Eq. (7).
ìQlatent = ma , E qst (Ya , Ein - Ya , Eout )
ïï
íQsensible = ma , E ( ia , Ein - ia , Eout ) - Qlatent , ia = c paTa + ( qst + c pvTa ) Ya
ï
ïîQtrasient = mr ,CM ( ir , Eout - ir , Ein ) - Qlatent - Qsensible

Eq. (7)

The system COP can be calculated both in the refrigerant side and in the air side, as defined in Eq.
(8), namely, the enthalpy change of the refrigerant/air in the DCE divided by the electricity
consumption of the compressor.
ì
mr ,CM ( ir , Eout - ir , Ein )
ïCOPr =
PCM
ï
í
ma ( ia , Ein - ia , Eout )
ï
ïCOPa =
PCM
î

Eq. (8)

The numerical study shows that, after several minutes of fluctuation and quick self-regulation, the
SDHP features periodical performance given arbitrary initial conditions. Fig. 4(a) then depicts the
outlet air conditions, along with the system evaporation and condensation temperature, of the second
and third calculated cycles, showing repeatable patterns. Within one cycle, the evaporation
temperature fluctuates between 16oC and 19oC, while the condensation temperature gradually
increasing from 38oC to 52oC. It also reveals that the humidity removal/regeneration in DCEs/DCCs
happens together with the temperature reduction/recover, and thus validates the possibility of the
simultaneous handling of sensible and latent load in such system. Some specific features of the
mass and heat transfer in DCEs/DCCs are worth mentioning here. The solid material of DCEs/DCCs
is dried off/wetted out but not cold/warm enough after the sudden switchover from DCCs/DCEs. The
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moisture removal/recover, promoted both by the low/high temperature and dry/wet material, obtains
a maximum during the cycle, usually quite near the onset when the DCEs/DCCs are partially
cooled/heated but still almost unsaturated/saturated. The sensible heat transfer at air-side increases
monotonically and then reaches a plateau within one cycle, due to the abundant latent heat and the
temperature hysteresis of DCEs/DCCs in the beginning. The averaged supply air condition is 23 oC,
9g/kg.

(a)

(b)

(c)
Figure 4: The characteristics and performance of the different elements of the SDHP (a) outlet air and
refrigerant conditions (b) heat load and estimated COP (c) refrigerant cycle

Fig. 4(b) shows the transient load of the DCE due to the unstable operation, altogether with the
sensible and the latent heat load for comparison. Definition of the above three terms are shown in
Eq. (7). The heat waste is relatively small (8.3% for adsorption process), but not negligible, according
to the figure. The enthalpy increase of the refrigerant in SDHP does not equal the enthalpy decrease
of the air, due to the existence of the transient heat load. The air-side value is deemed more
reasonable. The COP calculated at the air-side, as shown in Fig. 4(b) obtains a maximum of 7.79 at
84s with the averaged value of 7.19. Refrigerant cycle shown in Fig. 4(c) reveals that, without any
control strategy, the refrigerant at compressor entrance is in two-phase region after around 1 min.

3. OPERATIONAL PARAMETER OPTIMIZATION BASED ON A REAL-TIME
CONTROL ALGORITHM
According to Fig. 4(b), the total heat load of the SDHP would decay with the elongated switchover
period. The switchover period is typically no more than ten minutes and, to prevent two-phase
phenomena at compressor inlet, the refrigerant flow rate should also be altered regularly by changing
the frequency of compressor and the characteristic constant of throttling valve. In this paper, a realtime algorithm is proposed, via incorporating a negative feedback control (Eq. (9)) in the dynamic
simulation model, to optimize the system operating parameters, such as switchover period,
compressor frequency and valve opening. According to calculation, real system incorporated with
the control algorithm can achieve higher COP and provides air of higher comfort level and stability.
The comparison is shown in the Fig. 5. To be specific, the COP is nearly doubled by the negative
feedback control with improved temperature control performance (by 14%) and slightly subdued
humidity control performance (by 4%).
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(a)
(b)
Figure 5 The performance of the SDHP with and without the negative feedback control

4. CONCLUSIONS
In this paper, the SDHP, containing DCEs/DCCs as core components, is evaluated by a numerical
study. Afterwards, a real-time algorithm is proposed, via incorporating a negative feedback control
in the dynamic simulation model, to optimize the system operating parameters, such as switchover
period, compressor frequency and valve opening. According to calculation, real system incorporated
with the control algorithm can achieve higher COP and provides air of higher comfort level and
stability.
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NOMENCLATURE
c

specific heat (J×kg-1×K-1)

cp

specific heat (isobaric) (J×kg-1×K-1)

f

friction (N×m-3)

T
u/v

temperature (oC)
Velocity along the x/y direction (m×s-1)

V

volume (m3)

W

moisture content of the material (g/g)

specific enthalpy (J×kg-1)

x

quality

m

mass flow rate (kg×s-1)

Y

air humidity ratio (g/kg)

M

coating amount (kg)

t

thickness(m)

N

rotation frequency (Hz)

α

void fraction

p

pressure (Pa)

φ

relative humidity

P

electricity consumption (W)

λ

conductivity (W×m-1×K-1)

t

thickness(m)

ρ

density (kg×m-3)

h
i

convective

heat

transfer

(W×m-2×K-1)

coefficient

Subscripts
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a

air flowing freely on the desiccant
surface

HX

DCHE (including the coated desiccant)

ad

adsorption

r

C

condenser

TP

the two-phase refrigerant

rg

saturated gas of the refrigerant

rl

saturated liquid of the refrigerant

CM compressor
d
porous desiccant coating

refrigerant

da

air confined in the desiccant pores

t

tube

E

evaporator

v

water vapor

f

fin

VL

throttling valve

Nomenclature (with specific definition)
cr

compressor clearance ratio

Ds

surface diffusivity of the liquid water adsorbed by the desiccant (m2×s-1)

ky

convective mass transfer coefficient (kg×m-2×s-1)

K

characteristic constant of the expansion device

qst

specific sorption heat of the desiccant (J×kg-1)

Wd*

td
Wd* = ò Wd ( n, t ) dn td moisture content (whose gradient along the desiccant thickness is
0

omitted) (kg water×kg dry material)
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ABSTRACT
This study presents the numerical simulation results for thermal performance analysis, flow
visualization, and heat transfer characteristic in a plate fin heat exchanger (PFHE). Rectangular and
perforated baffles are used to increase the heat transfer rates. The performances of a plate ﬁn with
and without baﬄes show effective comparison in cooling. When the heat exchanger is equipped with
baﬄes, the eﬃciency of two conﬁgurations can be compared easily: a baﬄe with and without
perforation. It concerns three cases (only a channel without baffle, with rectangular baffle and baffles
with slot type perforation). A commercial CFD (computational fluid dynamics) program is used for
the numerical simulation. Mesh independence test is carried out to check the accuracy of results.
Validation of numerical results with the available experimental data from the literature shows
satisfactorily. The flow field has been studied for different Reynolds number for the range 500 to
1800 to validate the results. Results were obtained finally in terms of generalized Reynolds number
for the range 2 to 20. It increases the heat transfer substantially but with an additional energy cost.
Nusselt number is increased 59% to case 2 from case 1 and 77.3% to case 3 from case 2. On the
other hand pressure drop is highly increased at case 2 due to rectangular baffles which is 34.3%
greater than case 1 and due to slot type perforation in case 3, pressure drop is decreased by 5.8%
based on generalized Reynolds number. So that from thermodynamic point of view this numerical
simulation is very much important.
Keywords: Plate-Fin, Heat Exchanger, Numerical Simulation, Nusselt Number, Pressure Drop, CFD,
Heat Transfer, Baffle.

1. INTRODUCTION
Heat transfer is the area that deals with the mechanism responsible for transferring energy from one
place to another when temperature difference exists. Forced convection is the practical method of
cooling and heating. In a channel complex flow structures is often introduced. Therefore, it is
important to understand the heat transfer characteristics and fluid flow phenomena in a channel.
The analysis of heat transfer characteristics in a plate fin heat exchanger becomes a popular subject
of research in present time. Plate fin heat exchangers are widely encountered in several industrial
processes such as in refrigeration, heating, air conditioning, radiator of vehicles and other areas.
They are used for its small size, low cost and high performance. From the different types of fins cited
previously, the plain plate is the widely used for its durability, simplicity, versatility in applications and
lower pressure drop.
The cooling of mechanical or electronic devices has ever growing importance due to the wide spread
introduction of microelectronics together with increasing demands up on functionally and reliability.
Heat is trapped in thermal devices for various reasons. Due to lack of efficient cooling of heat
entrapped in the thermal devices, they can under-perform or even breakdown under certain
condition. The ever increasing miniaturization, packaging density, quality demands and reduction in
life cost will put ever increasing pressure on the solution of these problems. The solution of such
heat transfer depends on successfully solving Momentum equation along with Energy equation.
With experiments, Chamoli (2015) showed the great heat transfer enhancement for a rectangular
channel equipped with V-down perforated baﬄes. The number of holes inﬂuences highly on the ﬂow
ﬁelds and heat transfer rates, and two perforated baﬄes perform better that one baﬄe, as reported
by Ary (2012).
Khoshvaght-Aliabadi et al. (2015) studied the eﬀect of delta-winglets under diﬀerent arrangements.
For the plain tube and at the transitional ﬂow, they observed a good prediction of Nusselt number by
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the Notter Rouse equation than the Gnielinski equation. Compared to the plain tube, they found a
maximum PEC (performance evaluation criterion) of 1.41 with this VG at Re=8715.
The recirculation ﬂow formed in the downstream zone of vortex generators creates hot points in this
area. This great issue may be solved by using perforated baﬄes. This great issue may be solved by
using perforated baﬄes (Ma et al., 2017).
A comprehensive review of studies on the vortex-generator applications has been recently
conducted by (Ahmed et al., 2012). The literature shows that the studies on heat transfer
characteristics of vortex-generators inside the plate fin heat exchangers are scarce.
Akcayoglu (2011) performed an investigation about the heat transfer enhancement in a plate fin heat
exchanger with triangular fins as insert using a winglet pair of vortex generator. It was confirmed that
the average Nusselt number increases with an increase in the angle of attack and Reynolds number.
Zeng et al. (2010) investigated the thermal performance in a plate fins channel using the four basic
types of vortex-generators. They pointed out that the mixing effect between wing cascades improves
the heat transfer characteristics, as the inclination angle of winglet increases.
Khoshvaght-Aliabadi et al. (2014) assessed experiments on the thermo hydraulic performance of
copper–water nano fluid flow through various plate-fin channels, including: pin, vortex generator,
offset strip, wavy, louvered, plain and perforated. Their results showed an enhancement in heat
transfer coefficients and pressure drop with the rise of nano particles weight fraction. They reported
also that the vortex generator channels have given the appropriate thermal–hydraulic performance.
In the noted literature, there are few studies in detailed analysis of heat transfer enhancement by the
plate fin heat exchanger with baffles, when liquids are applied as working media. In this study, the
flow dynamics and heat transfer characteristics of a plate fin heat exchanger are investigated
numerically. The physical model for the numerical analysis is made using the plate fin heat
exchanger with buffles used in the experimental studies of Karima-Boukhadia et al. (2018). Based
on the numerical results, a detailed description of the heat transfer characteristics, pressure drop
and flow distribution are discussed.

2. PHYSICAL MODEL OF COMPUTATIONAL DOMAIN
There is a rectangular channel without baffles shown in left of Fig. 1. The length of the channel is
300 mm and its width and height is 12 mm. A channel with rectangular baffles is shown in right of
Fig. 1. The length and width of each baffle is 5 mm and thickness of each one is 1 mm. Six ranges
of baffles are inserted and distance between two consecutive ranges is 20 mm. One perforated baffle
is considered here which is slot type perforation shown in right of Fig. 1 and 2. The left of Fig. 2
presents the arrangement of rectangular baffles without perforation in a rectangular channel.

3. GOVERNING EQUATION
All investigations were performed via numerical simulations. The working fluid has a shear thinning
behavior (the flow behavior index n = 0.69 and the density is ρ = 997 (kg m −3), modeled by the Otwald
law (power law) as follow, Azevedo (1995)
Eq. (1)

𝜏 = 𝜇𝑎 𝛾 𝑛
Where, 𝜇𝑎 is the apparent viscosity and γ· is the shear rate.
𝜇𝑎 = 𝑘𝛾 𝑛−1

Eq. (2)

where k is the consistency index.
On the basis of these assumptions, the governing equations for the mathematical model are written
as follows:
- Conservation of mass for fluid:
𝑑
(𝜌𝑢𝑖 )
𝑑𝑥𝑖

=0

Eq. (3)

- Conservation of momentum for fluid:
𝑑
(𝜌𝑢𝑖 )
𝑑𝑥𝑖

=

𝑑 𝑘𝑓 𝑑𝑇
(
)
𝑑𝑥𝑖 𝐶𝑝 𝑑𝑥𝑖
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where Cp is the specific heat of working fluids.

Figure 1: Rectangular channel without baffle (case 1) and with rectangular baffles (case 2 and 3).

Figure 2: Rectangular baffles without slot (case 2) and with slot type perforation (case 3).

h is the convective heat transfer coefficient, given by:
ℎ=

𝑄𝐶𝑂𝑁𝑉
𝐴𝑡 (𝑇𝑤−𝑇𝑏)𝐿𝑀𝑇𝐷

Eq. (5)

where At is the total heat transfer area and QCONV is the convective heat transfer rate expressed as
follows:
Eq. (6)

𝑄𝐶𝑂𝑁𝑉 = 𝑚𝐶𝑝 (𝑇𝑏,𝑜𝑢𝑡 − 𝑇𝑏,𝑖𝑛 )

where m is the mass flow rate, Tb,in and Tb,out are the average temperature of fluid at the inlet and
outlet of test section respectively. (𝑇𝑤 − 𝑇𝑏 )𝐿𝑀𝑇𝐷 is the log mean temperature difference given by:
(𝑇𝑤 − 𝑇𝑏 )𝐿𝑀𝑇𝐷 =

(∆𝑇𝑤−𝑏,𝑖𝑛 −∆𝑇𝑤−𝑏,𝑜𝑢𝑡 )
∆𝑇

𝑙𝑜𝑔(∆𝑇 𝑤−𝑏,𝑖𝑛 )

Eq. (7)

𝑤−𝑏,𝑜𝑢𝑡

Where ΔTw-b,in and ΔTw-b,out denote the differences between the wall temperature and the bulk fluid
temperature at the inlet and outlet of heat transfer section. The ∆𝑝 is the pressure difference between
inlet and outlet defined as:
∆𝑝 = (𝑃𝑎𝑣𝑔,𝑖𝑛 − 𝑃𝑎𝑣𝑔,𝑜𝑢𝑡 )

Eq. (8)

where subscripts ‘avg, in’ and ‘avg, out’ refer to the average pressure values at the inlet and outlet
cross sections. The generalized Reynolds number (Reg) for a shear thinning fluid is given by:
𝑅𝑒𝑔 =

2−𝑛
𝑢𝑖𝑛

𝑘

𝐷ℎ𝑛 𝜌
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𝐷ℎ =

4𝐿𝐴𝑐
𝐴𝑡

Eq. (10)

Where Ac is the minimum cross-sectional flow area.

4. BOUNDARY CONDITION
The different boundary conditions taken to carry out the simulation are described below.
At the inlet of the channel (inlet condition):
𝑢𝑦 = 𝑢𝑧 = 0; 𝑢𝑥 = 𝑢𝑖𝑛 = 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡; 𝑇 = 𝑇𝑖𝑛 = 52℃

Eq. (11)

where u is the velocity and T is the temperature of fluid.
Lower and upper surface (wall condition):
𝑢𝑥 = 𝑢𝑦 = 𝑢𝑧 = 0; 𝑇 = 𝑇𝑤𝑎𝑙𝑙 = 6.5℃;

𝑑𝑇
𝑑𝑧

= 0;

Eq. (12)

𝑑𝑇
𝑑𝑥

= 0;

Eq. (13)

Right and left sides (symmetry condition):
𝑢𝑥 = 𝑢𝑦 = 𝑢𝑧 = 0;
Exit of channel (outlet condition):
𝑑𝑢𝑥
𝑑𝑥

=

𝑑𝑢𝑦
𝑑𝑦

=

𝑑𝑢𝑧
𝑑𝑧

= 0;

𝑑𝑇
𝑑𝑥

= 0;

Eq. (14)

Baﬄes: adiabatic wall.

5. MESH GENERATION AND SOLUTION METHODS
The ANSYS computer tool was used to make the geometry and to mesh the computational domain.
Tetrahedral mesh type was adopted. ANSYS Fluent was employed to achieve all simulations. The
increased mesh density was created near the baffles and walls of channel in order to capture the
details of boundary layer flow. A sufficient number of nodes defining the curvature of the perforation
in baffles was made on the baffle edge, which resulted in a very refined mesh (Fig. 3. The used
computer code is based on the finite volume method (FVM) to solve the governing equations. For
the pressure-velocity coupling, the SIMPLE (Semi Implicit Method for Pressure Linked Equation)
algorithm was employed. In the momentum and energy equations, first and second order upwind
scheme was used which gives a stable solution. Also, a second order upwind scheme was adopted
for the discretization of convection terms. The above mentioned governing equations were solved
by a segregated implicit iterative scheme. The under-relaxation factors were 0.3, 0.7, and 0.8 for the
pressure, momentum and energy, respectively. We remind that these factors are used to ensure the
computational convergence. The residual target for the continuity, momentum and energy equations
was 10−7. The governing equations were iteratively solved until the set residuals were obtained or
when they stabilized at constant values. Most simulations required about 500 – 600 iterations.

6. MESH INDEPENDENCE TEST AND NUMERICAL MODEL VALIDATION
In order to check the variation of the simulation results with the number of elements, the model is
tested with settings employing different number of elements. In this way, results from eleven different
settings with gradually increasing number of elements were compared (Fig. 4). The results from last
two settings (490010 and 508023 elements respectively) are very close to each other and Nusselt
number differences are around 0.49 percent. So the setting employing 490010 elements is used in
the simulation for greater accuracy.
The computational domain of this research is validated with the main aim to assure that the numerical
result has reliability and high accuracy. In order to validate the present numerical model is valid for
the plate fine heat exchanger, a rectangular channel with rectangular baffle without perforation is
chosen. For different values of Reynolds number, the variation of pressure drop and heat transfer
coefficient through the channel are predicted. Fig. 5 and Fig. 6 present the validations of the plate
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Nusselt number

fine heat exchanger with respect to the heat transfer coefficient and pressure drop respectively. The
working fluid considered in this case same as Karima-Boukhadia et al. (2018) is Newtonian (water,
Pr = 7). The validation is performed in the Re from 500 to 1800 in the laminar regime. A good
agreement is observed when comparing the predicted results with those obtained by KarimaBoukhadia et al. (2018).
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Figure 3: Mesh grids (tetrahedral elements).
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Figure 5: Variation of heat transfer coefficient with Re. Figure 6: Variation of pressure drop with Re.

7. RESULTS AND DISCUSSION
Generally, the increase in heat transfer by the baﬄing technique produces pressure losses. The
eﬀects perforated baﬄe on the pressure drop values are represented on Fig. 7 in terms of
Generalized Reynolds number (Reg). This ﬁgure shows the variation of pressure drop which tends
to raise with the rise of the Reynolds number. In fact, the baﬄed channels with or without perforation
in baﬄes yield higher pressure drop than the unbaﬄed channel.

Figure 7: Variation of pressure drop with Reg.

Figure 8: Variation of Nusselt number with Reg.

Fig. 7 shows the pressure drop for the three case. Perforated baffle yield lower pressure drop than
the baffle without perforation .This is because of the surface of cut in baﬄe. For the unbaﬄed channel
(Case 1), the cooling of ﬂuid needs a long distance. However, the heat transfer is greatly increased
with the presence of baﬄes. The variation of Nusselt number (Nu) for various Reynolds numbers
ranging from 2 to 20 for all geometrical conﬁgurations is presented in Fig. 8. It is clear that the values
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of Nusselt number tend to increase with the rise of Reynolds numbers, which induces an
enhancement in the heat transfer in the Plate fin heat exchanger. The ﬁrst reason of the heat transfer
enhancement in this system is the perforation shape in baﬄe, which increases the mixing by
separating the boundary layer in the channel. And the second reason becomes the repeated
operation of growth and wake destruction of boundary layers
It is clear that the presence of baﬄe increases the cooling of the shear thinning ﬂuid. Also, the
presence of perforation in baﬄes allows further reduction in the temperature along the heat
exchanger. Consequently, the perforated baﬄe with slot shape merits to be realized in the
conception of the plate ﬁn heat exchanger. Nusselt number is increased 59% to case 2 from case 1
and 77.3% to case 3 from case 2. On the other hand pressure drop is highly increased at case 2 due
to rectangular baffles which is 34.3% greater than case 1 and due to slot type perforation in case 3,
pressure drop is decreased by 5.8% based on generalized Reynolds number. So that from
thermodynamic point of view this numerical simulation is very much important. The Contour of
velocity of three different cases 1, 2 and 3 at Reg 20 are presented in Fig 9.

Figure 9: Contour of velocity of three different cases at Reg 20 at 0.003 m from left wall.

In case 1, color contour is same along the length of the channel which indicates the flow is fully
developed. But in another cases color variation shows the velocity changes. At the top of the each
baffle high red color region indicates the velocity fluctuation where velocity is highly increased.
Behind the each baffle blue region indicates the velocity reduction which is at an intense in case 2.
Velocity reduces from top of the baffle to the lower and upper surface gradually that can be easily
anticipated by the color variation shown Fig. 9.
The fluid flow movements are described by arrow in the contour of velocity vector in Figs. 10, 11, 12
respectively. In the case 1, the fluid flow is being uniform where the fluid particles have straight ward
movement and they are parallel to each other and there is simply high and low velocity region shown
in Fig. 10. When fluid flows through rectangular baffle, fluid velocity is increased at the top of the
baffle due to obstruction, pressure is decreased and flow separation occurs. It is called zone of
reattachment and due to flow separation, flow recirculates at a higher rate. Vortex generation occurs
just behind the baffle which is shown in Fig. 11. At the closest behind the baffle velocity approximately
becomes zero. Turbulent intensity and velocity fluctuation are shown in Fig. 11 at the top of the
baffle. Perforation technique (case 3) is actually done to reduce pressure drop as it minimizes
formation of zone of recirculation. No vortex is generated, no recirculation having with straight fluid
particles moving behind the perforated space increasing fluid flow due to surface cut in baffle and
taking active part in the heat transfer improvement shown in Fig. 12.

Figure 10: Contour of velocity vector of rectangular channel without baffles (case 1).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1373

Figure 11: Contour of velocity vector of rectangular channel with baffles without perforation (case 2).

Figure 12: Velocity vector of rectangular channel with baffles with slot type perforation (Case 3).

In the temperature profiles captured in Fig. 13 actually show the evidence of heat transfer
enhancement. In case 1 temperature is decreasing very slowly through the length of the channel.
But from case 2 to case 3, temperature is decreasing very sharply at a lower distance from inlet due
to turbulence and flow disturbances. As upper and lower wall is constant temperature which is lower
than fluid temperature at inlet and forced convection occurs by baffling technique and heat is
transferred more from fluid to solid at a higher rate.

Figure 13: Temperature contour of three different cases at Reg 20 at 0.003 m from left wall.

In the Fig. 14, contour of pressure shows the normal pressure drop in case 1. But at case 2, due to
flow disturbances and sudden contraction in flow area, velocity is highly increased and pressure is
reduced greatly. But pressure drop is minimized by perforation technique minimizing the second
zone of flow recirculation in cases 3 though pressure drop is higher than case 1. Fig. 14 shows
behind each baffle throughout the channel color contour is changed which signifies the pressure
reduction throughout the length of the channel.

8. CONCLUSIONS
A numerical method was applied to investigate the performance of plate ﬁn heat exchangers. The
eﬀects of perforation in the bafﬂes were investigated. Also, the dominance of perforation shape (slot)
on the heat transfer characteristics was investigated. The main conclusions are described as follows:
(i) The presence of baﬄes (with or without perforations) increases the heat transfer, but with an extra
energy cost. (ii) The perforated baﬄes have showed a great improvement in heat transfer comparing
to the channel heat exchanger without perforated baﬄes. (iii) The value of Nusselt number increases
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with perforation of baffles which is much higher than rectangular baffle without perforation and
without baffles. Nusselt number is increased 59% to case 2 from case 1 and 77.3% to case 3 from
case 2. (iv) Pressure drop enhances with the presence of baﬄes and decreases with the rise of the
surface of cut in baﬄes. pressure drop is highly increased at case 2 due to rectangular baffles which
is 34.3% greater than case 1. However at low Reynolds number, the diﬀerence in pressure drop is
slight between the non-perforated baﬄes and slot type of perforation. Due to slot type perforation in
case 3, pressure drop is decreased by 5.8% based on generalized Reynolds number.

Figure 14: Contour of pressure of three different cases at Reg 20 at 0.003 m from left wall.
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ABSTRACT
Evaporating and condensing heat transfer and pressure loss characteristics strongly depend on
interfacial structure of gas-liquid two-phase flows. Cross-sectional average void fraction is important
parameter on the one-dimensional analysis. Recently, since channel diameter becomes smaller, the
effect of surface tension on the flow behaviors would become stronger. This study deals with void
fraction characteristics of adiabatic two-phase flows using FC-72 as the working fluid. Crosssectional average void fraction was measured by capacitance sensor. Circular, square and triangular
tubes with the hydraulic diameter of 2 mm were used. Vertically upward flow was selected to evaluate
for axially symmetric phase distribution. From the results, it was confirmed that for the square and
triangular tube, void fraction became lower than the circular tube because liquid was accumulated
in the corner by surface tension. Although the lower void fraction leads to larger slip velocity, the
gas-liquid interface of liquid film became smoother.
Keywords: Two-Phase Flow, Surface Tension, Void Fraction, Square Tube, Triangular Tube,
Capacitance Sensor.

1. INTRODUCTION
Reduction in channel diameter of refrigerant heat exchanger is effective to reduce refrigerant charge
amount and to increase heat transfer area density. Recently, compact heat exchangers using
multiport aluminum tubes whose diameter is less than 1 mm are developed and applied to airconditioners. Heat transfer and pressure loss characteristics of evaporating and condensing flows
strongly depend on interfacial structure of gas-liquid two-phase flows. Several forces are acting on
two-phase flows, such as, gravitational force, inertia force and surface tension force. When channel
diameter becomes smaller, the effect of surface tension will become relatively larger than gravity.
For example, we can easily image that the meniscus of water in a capillary tube is not affected by
gravity. When gas-liquid interface structure is dominated by surface tension, the heat transfer and
pressure loss characteristics of vertically upward flows will be the same with those of vertically
downward and horizontal flows. The effect of channel orientation will become little.
Mishima and Hibiki (1996) had investigated the effect of channel diameter on void fraction
characteristics of air-water flows. Measured void fractions were arranged based on the drift flux
model. They showed that for bubbly and slug flows, the distribution parameter increased with
decreasing channel diameter in the diameter range less than 4 mm. Since refrigerant used in
refrigerating and heat pump system has lower surface tension than water, the transition diameter
where the surface tension effect appears will become smaller. Ong and Thome (2011a, 2011b) had
investigated the effect of properties, mass flux, and heat flux on flow pattern and heat transfer
characteristics in small diameter channel with the diameter less than 3 mm using three kinds of
refrigerants. They introduced confinement number as a non-dimensional number of the ratio of
surface tension to gravity. It was concluded that the surface tension effect appears at the
confinement number larger than 0.3-0.4. Baba et al. (2012) had investigated the effect of gravity on
heat transfer characteristics for small diameter channel of 0.13 and 0.51 mm using FC-72 with the
similar surface tension of HFC refrigerants. They introduced Bond number defined as the ratio of
gravity to surface tension force. In their results, the effect of gravity on boiling heat transfer was not
observed for the Bond number of 0.18, and that was observed for the Bond number of 0.71. The
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Bond number of 0.71 is equivalent to the confinement number of 1.19. Gomyo and Asano (2016)
had investigated the effect of channel diameter of vertical upward two-phase flows on flow pattern
transition and void fraction characteristics using FC-72 as the working fluid. In their results, gas
volumetric flux at the flow pattern transition boundary to annular flow was affected by channel
diameter less than 2.0 mm, while that for 4.0 mm channel was agreed well with the previous transition
model proposed by Mishima and Ishii. For the two-phase flow in 2.0 mm channel Bond number and
confinement number is 8.5 and 0.34, respectively. It can be estimated that the surface tension effect
appears on gas-liquid interface structure of FC-72 two-phase flows in 2.0 mm channel. The
definitions of confinement number and Bond number are shown in Eq. (1) and (2).

Co =

Bo =

1
D


=
( L − G )g

1
Bo

( L − G )gD 2


Eq. (1)
Eq. (2)

where  is surface tension in N×m -1, D is channel diameter in m, L and G are liquid and gas
densities in kg×m 3, respectively, and g is gravitational acceleration in m×s-2.
When the channel shape is non-circular, liquid film distribution on the wall will be affected by the
surface tension. For rectangular or triangular channels the liquid film thickness at the side will
become thinner due to liquid accumulation in the corner. The effect has a possibility to improve the
heat transfer and flow characteristics.
Jige and Koyama (2011) had investigated condensing heat transfer characteristics in horizontal
multiport tubes consisting of rectangular channels with the hydraulic diameter of 0.85 mm. It was
reported that the condensing heat transfer coefficient could be kept constant in the quality range of
0.3 to 0.8 due to the surface tension effect on liquid film thickness. Enoki et al. (2013) had performed
a detail observation of flow patterns of one-component gas-liquid two-phase mixture flowing vertically
upward and downward, and horizontally in circular and noncircular (square and equilateral triangular)
channels with the hydraulic diameter of about 1 mm. They showed that the liquid film structure and
flow pattern transition were affected by the channel cross-sectional shape under the condition with
the mass flux less than 100 kg∙(m -2s-1). Wang and Rose (2006 and 2011) proposed a theoretical
model to predict condensation heat transfer in horizontal square and triangular microchannels
considering the effects of interfacial shear stress, gravity and surface tension force on the liquid film
structure.
In a one-dimensional analysis of gas-liquid two-phase flows, for example two-fluid model, void
fraction is important to estimate the slip velocity between gas and liquid phases. Information on void
fraction characteristics in small diameter non-circular tubes is not enough to understand the
phenomena. In this report, vertical upward one-component gas-liquid two-phase flows of FC-72 in
circular, square, and triangular channels with the hydraulic diameter of 2 mm were examined. Crosssectional average void fractions were measured by an electrostatic capacitance sensor. The effect
of the cross-sectional shape on void fraction characteristics was considered with flow characteristics
observed by a high frame rate camera simultaneously.

2. EXPERIMENTAL APPARATUS AND CONDITIONS
Schematic diagram of the experimental apparatus is shown in Fig. 1. Deaerated FC-72 (boiling point:
56.7 °C, surface tension: 8.35 mN∙m -1 at the boiling point) was used as the working fluid. Simple
pumped loop was used. The system configuration is the same with that in previous studies (Gomyo
et al., 2014, and Gomyo and Asano, 2016). Subcooled liquid with certain subcooling degree was
heated and evaporated in the main-heater by a direct AC current Joule heating. The main-heater is
a circular tube with the inner diameter of 2 mm. The wet vapor was supplied to the test section
directly connected to the main heater. The refrigerant from the test section was condensed in a
condenser and returned to the tank. A schematic drawing of the test section is shown in Fig. 2. Three
types of channels with the different cross-section as shown in Fig. 3 were used. A PYREX glass tube
with the 2 mm in inner diameter was used as the circular channel. The square and triangular
channels were made by a stack of thin transparent acrylic resin plates. The hydraulic diameter for
each tube was 2 mm. Cross-sectional average void fraction at the middle of the test section was
measured by an electrostatic capacitance sensor. A plate-type electrode was applied. The electrode
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consists of a sensing electrode with the sensing area of 16 mm in width and 8 mm in length, guard
electrode, and earth electrode. The flow behaviors in the sensing area can be observed in the
direction parallel to the electrodes by a high frame rate camera simultaneously.

Earth electrode

60 mm

Sensing electrode

8 mm

Guard electrode

Acrylic resin
Flange

Sensing area
Main-heater
Din = 2 mm

Figure 1: Schematic diagram of experimental apparatus

Electrode

2.0 mm

Electrode

2.0 mm

Flow direction

Figure 2: Test section

Electrode

3.0 mm

(a) Circular channel
(b) Square channel
(c) Triangular channel
Figure 3: Cross-sectional shape of tested channel

Volumetric average void fraction  in the sensing area can be measured from the capacitance, C,
by the following equation.

 = 1−

C − CG
CL − CG

Eq. (3)

where, CG and CL are the capacitance of vapor and liquid single-phase, respectively.
The experiments were carried out at the system pressure at about 100 kPa for varied vapor quality
with four mass fluxes at 50, 100, 150, 200 kg∙m -2∙s-1. Capacitance was measured by a high sensitivity
capacitance meter (Type HC-102 produced by Yamamoto Electric Instrument, Co. Ltd.,) with the
sensing resolution of 10-4 pF and sampling frequency of 1 kHz. Temperature and pressure were
recorded with sampling frequency of 100 Hz. Flow behaviors were observed with 1000 fps and the
exposure time of 100 μs.

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1.

Flow Behaviours

Flow behaviours at the capacitance sensor were observed from the horizontal direction parallel to
the electrode. Example images obtained by the high frame rate camera for circular, square, and
triangular channels are shown in Figs. 4a to 4c, respectively. Mass flux was 100 kg∙m 2･s-1 . For low
quality of 0.06 to 0.10 shown in Fig. 4c, i, long slug bubbles were flowing for each channel. Bubble
interface in the square channel seemed to be smoother than that in the circular channel. For the
triangular channel, it was clearly seen that the area in the corner was filled with liquid. For high quality
of 0.52 to 0.6, flow pattern was annular flow with gas core flow. The corner area of triangular channel
was filled with liquid. The gas-liquid interface in the triangular channel was largely undulated.
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(i) x = 0.09

(ii) x = 0.52

(i) x = 0.10

(ii) x = 0.60

(i) x = 0.06

(ii) x = 0.53

(a) Circular channel
(b) Square channel
(c) Triangular channel
Figure 4: Observed flow behaviors at the void fraction measurement section (G=100 kg×m-2×s-1)

3.2.

Flow Pattern

Observed flow patterns were classified into bubbly, slug, churn, semi-annular and annular flows. In
a bubbly flow vapor bubbles smaller than the tube diameter were flowing in the channel. In a slug
flow vapor was flowing as large bullet-shaped bubbles. Some small vapor bubbles existed in the
wake of the large bubbles. Churn flow was highly unstable flow with intermittent liquid reverse flows
due to gravity and many vapor bubbles were included in liquid slugs. Semi-annular flow was similar
to churn flow, but there was no intermittent liquid reverse flows. In annular flow liquid travelled partly
as a liquid film on the channel walls and partly as fine drops distributed in the vapor core. Partial
thick liquid film was considered as disturbance waves generated by interfacial shear stress between
the liquid film and vapor core flows.
Flow patterns for circular, square, and triangular channels are plotted on jL-jG diagram in Fig. 5a to
5c with Mishima-Ishii’s flow pattern transition boundaries (Mishima and Ishii, 1984), respectively.

1
G [kg/(m2s)]
0.1 200
150
100
50

0.01
Slug

0.001
0.01

Liquid volumetric flux jL [m/s]

Liquid volumetric flux jL [m/s]

Mishima-Ishii’s flow pattern transition boundaries for vertically upward two-phase flows
Annular flow
Semi-annular flow
Churn flow
Slug flow

0.1
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Annular

Annular

0.01

0.001
0.01

Churn
0.1

1

1

Slug
Churn
0.1

1
10
100
Gas volumetric flux jG [m/s]

10(a) Circular
100 channel

Gas volumetric
flux jG [m/s]
Figure 5: Flow patter map
of one-component
vertically upward two-phase flows in various shaped
channel with the hydraulic diameter of 2 mm

Mishima-Ishii’s flow pattern transition boundaries for vertically upward two-phase flows
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Figure 5: Flow patter map of one-component vertically upward two-phase flows in various shaped
channel with the hydraulic diameter of 2 mm

Gomyo and Asano (2016) reported that gas volumetric flux at the flow pattern transition to annular
flow became higher with decreasing the channel diameter for vertically upward flows in small
diameter channel, while the transition boundary for 4 mm channel was agreed well with Mishima
Ishii’s transition boundary. For the square channel (Fig. 5b), the transition boundary to annular flow
was almost the same with that for the circular channel. Churn flow was observed in the wide range
with low gas volumetric flux. For the triangular channel (Fig. 5c), the transition boundary to annular
flow became higher gas volumetric flux. Since liquid accumulated in the corner due to surface tension,
liquid film thickness became thicker. The thicker liquid film might cause easy formation of intermittent
liquid reverse flow due to gravity. On the other hand, for the triangular tube, the area with churn flow
spread to the lower gas volumetric flux. The reason was on the bubble behavior. Since bubbles in
the triangular tube tended to flow along the center axis, void fraction at the center became higher.
The behavior might lead to gas core formation. However, under the lower gas volumetric flux,
interfacial shear stress was not enough to keep the thicker liquid film. Therefore, churn flow was
observed in the wider range for the triangular channel.
3.3.

Void Fraction

Comparisons in void fraction fluctuations are shown in Figs. 6a and 6b. Figs. 6a and 6b show the
comparison of the square and triangular channel with the circular channel, respectively. The flow
conditions with the vapor quality around 0.5 were selected. The flow pattern was annular flow.
Instantaneous drop of void fraction means passing of disturbance wave. Different tendency
depending on mass flux was observed. For the higher mass flux over 100 kg∙m 2･s-1 , average void
fraction for non-circular channel became lower, and the passing frequency of disturbance waves
became lower. Although lower void fraction means larger velocity difference between gas and liquid,
liquid film in the noncircular channels became smoother. The fact might be caused by thicker liquid
film thickness in the corners. The interface velocity might be higher in the non-circular channels. So,
gas-liquid interface became smoother.
On the other hand, for the lowest mass flux of 50 kg∙m -2s-1, the magnitude of void fraction fluctuation
became quite larger for the non-circular channel. The thicker liquid film could not be kept by the low
gas velocity.
Time average void fractions are plotted against quality with the calculated results by correlation
equations in Fig. 7. The solid and bold lines show the calculation results of homogeneous model and
Cioncolini and Thome’s model (Cioncolini and Thome, 2012), respectively. The condition with
negative quality means subcooled boiling. It could be clearly seen that void fraction in the square
channel was smaller than in the circular channel. In the comparison between the square and
triangular channels, void fraction in the triangular channel was slightly lower. Under the middle range
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of quality condition, void fraction in the square and triangular channels decreased with decreasing
mass flux, while the effect of mass flux was small for the circular tube.
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Figure 6: Void fraction fluctuations of annular flows with vapor quality of about 0.5
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Figure 7: Average void fraction characteristics
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4. CONCLUSIONS
The effect of the cross-sectional shape on one-component vertically upward two-phase flows in small
diameter channel was examined based on the measured results of void fraction. Three kind of
channels, such as circular, square, and triangular channels, with the hydraulic diameter of 2 mm
were used. The obtained results are summarized as the followings.
Flow pattern transition boundary from churn to annular flow for the square channel was almost the
same with the circular channel. On the other hand, the gas volumetric flux at the transition for the
triangular channel became higher, and the range with churn flow became wider gas volumetric flux
range.
Average void fractions in the square and triangular channels were lower than those in the circular
channel, because liquid might be accumulated in the corner by the surface tension and the formation
of disturbance waves was suppressed.
Although the void fractions for the noncircular channels were lower than those for the circular
channel, gas-liquid interface of liquid film in annular flows was smoother for the noncircular tube.
Since liquid was accumulated in the corner, thick liquid film thickness might make interfacial velocity
higher.

NOMENCLATURE
Bo
C
Co
D
g
G
j
x





Bond number
electrostatic capacitance (pF)
confinement number
hydraulic diameter (m)
gravitational acceleration (m×s-2)
mass flux (kg×m -2×s-1)
volumetric flux (m×s-1)
thermodynamic equilibrium quality (-)
void fraction (-)
density (kg×m -3)
surface tension (N×m -1)

subscript
ave
time average
G
vapor phase
L
liquid phase
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ABSTRACT
Solar-based poly-generation systems with thermally driven sorption heat pump / chillers use the
condensation heat of ORC to cover heating and cooling loads of buildings. In the present study the
performance of such systems when used in buildings in the Netherlands and Greece is investigated
taking both exergy efficiency and economic aspects into account. The alternative of using PV-panels
and electrically driven vapour compression heat pumps / chillers is also investigated. The
performance of the systems is compared to the performance of conventional heating and cooling
systems. Higher exergy efficiencies can be attained with the ORC sorption systems only for
unacceptably long payback times. Optimum systems will have low exergy efficiency (8 %) compared
to the exergy efficiency of conventional systems (16 %) and still long payback times (longer than 19
years). PV – panel vapour compression heat pump / chiller systems have generally acceptable
payback times smaller than 10 years.
Keywords: Poly-generation, solar thermal, absorption chiller, adsorption chiller, vapour compression
cycle.

1. INTRODUCTION
Combined heat and power (CHP) systems have demonstrated the advantages of using the “waste”
streams of energy systems for other purposes. In 2015, in the European Union CHP contributed to
10% of the total energy mix and, for instance, in the Netherlands it covered even about 28% of the
energy mix. In recent years the idea of further cascading systems to create extra value has been
exploited by a large number of researchers. Roumpedakis (2018) lists 28 recent (since 2011) studies
on poly-generation systems in which the “waste” heat from organic Rankine cycles (ORC) was used
to drive sorption refrigeration / heat pump cycles. Most of the investigated systems make use of
concentrating solar collectors to operate ORCs. Sorption chillers, mostly LiBr-H2O absorption
chillers, use the heat rejected at the condenser of the ORC at about 90 oC, to create a chilling effect
slightly above 0 oC. Studies report exergy efficiencies between 8 and 30% when the exergy of the
solar energy entering the system is taken into account (Roumpedakis 2018); the reported pay-back
times from similar studies range between 3 and 17 years. The exergetic and economic potential of
these poly-generation systems seems to be very dependent on the assumptions made and the
irreversibility losses which are taken into account. These studies do not further clarify if adsorption
systems requiring lower driving temperatures result in advantages in comparison to liquid absorption
systems, see Fig. 1.
In the present study the authors investigate the potential of ORC-sorption chiller poly-generation
systems for the cases of Netherlands (Amsterdam) and Greece (Athens). In the winter the chillers
are used as heat pumps which make use of the ab(d)sorption heat plus condensation heat. In this
way, the systems could substitute the current heating and cooling methods which are based on
natural gas combustion (heating) and electrically driven vapour compression chillers (cooling). The
performance of the conventional methods of heating and cooling is used as reference to evaluate
the advantages and disadvantages of the poly-generation systems. Since Infante Ferreira and Kim
(2014) have identified the use of vapour compression systems based on PV solar collector electricity
as competitive, also this option is compared to the present heating and cooling methods.
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(a)

(b)

Figure 1: (a) Schematic of the ORC coupling with a chiller module (b) Driving temperature range for
the available heat pump / cooling technologies. Data source: Fahrenheit (2018)

Main goal of this study is to investigate from technical as well as economical points of view the
potential coupling of ORCs and sorption chillers and identify the level of competitiveness of the
proposed hybrid system for decentralized applications. For each of the main components of the
system separate models have been developed taking into account that the final goal is to predict the
system performance for a whole year. Each of these models will be first shortly introduced in
separate sections. Finally in section 5 the system performance of the conventional system is
discussed and compared with the performance of the PV – vapour compression chiller and the ORC
– sorption poly-generation solutions.

2. SOLAR COLLECTORS AND THERMAL STORAGE
The poly-generation systems considered here are powered by solar collectors. The application of
sorption chillers / heat pumps requires driving temperatures in the range of 70-90 °C as illustrated in
Figure 1. Thus, the condensation temperature of the ORC systems needs to be slightly higher. As it
will be discussed in section 3 the optimum evaporating temperatures are in the range 200-210 oC so
that the solar collectors must deliver heat at a slightly higher temperature. This requires the use of
concentrating solar collectors which show low heat losses and can reach this range of temperatures
(Jradi and Riffat, 2014).
The variations of solar radiation and the mismatch between the availability of solar excess and the
heat consumption make the use of a storage option a necessity for applications utilizing solar energy
(Morofsky, 2007; Alva et al., 2018). Furthermore, the implementation of a storage option between
the ORC and the solar collectors is necessary to absorb the energy spikes relevant to the local
weather and provide a more stable input to the evaporator of the ORC.
The solar thermal collector efficiencies have been estimated using the empirical polynomials
proposed by Infante Ferreira and Kim (2014). Only CPTC (concentrated parabolic trough collectors)
and CPDC (concentrated parabolic dish collectors) can deliver the temperatures required to drive
the tri-generation systems (130 to 210 oC) at an acceptable efficiency.
Fig. 2 shows schematically how the solar collectors are connected to the storage tank and the
evaporator of the ORC. When there is no solar radiation, the solar collectors are decoupled from the
storage tank. On the other hand, when solar energy is available the heat transfer fluid of the solar
collector circulates and heats the storage tank. A threshold temperature of 130 °C has been selected
above which the circulation pump starts to supply hot fluid to the ORC evaporator.

Figure 2: Schematic of the coupled solar collectors-storage tank-intermediate ORC sub-circuit
system
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For the modelling of the PV modules the procedure proposed by Bellia et al. (2014) was used. For
a set of ambient temperature and solar radiation the corresponding output currents are estimated by
applying a set of different values for the voltage from 0 up to the open circuit voltage.
Fig. 3 presents the results of a yearly simulation for the performance of PV panels with an area of
93 m2 installed in the considered locations. The performance of the PV is comparable for both
regions because the excess of solar radiation in Athens is counterbalanced by the increase in the
cell’s temperature which leads to increased losses. These results are mainly explained by the right
hand side of the figure. The higher ambient temperatures and higher values of the solar radiation as
well as the lower wind velocities in Athens result in significantly higher cell temperatures, harming
the efficiency of the PV modules and finally, leading to comparable operation in Amsterdam. In an
annual basis the net efficiency in Athens is 14.9% and the respective value for Amsterdam is 14.1%.

(a)

(b)

Figure 3: (a) Overview of the power production for a PV array for the two considered cities
throughout a year. (b) Overview of the cell’s temperature for a PV module for the two considered
cities throughout a year simulation

3. ORGANIC RANKINE CYCLE
The large temperature difference between the inlet of the ORC’s evaporator and the exit from the
expanders provides sufficient driving force for a recuperator. When a single stage expander is used,
its pressure ratio limitation prevents high evaporation temperatures (pressures) and limits the
maximum obtained thermal efficiency. In order to allow for higher evaporation temperatures a second
expander is implemented in series with the first expander. The final layout of the ORC considered in
this study is shown in Fig. 4.

Figure 4: Schematic of an ORC with two-stage expansion and internal heat recovery by a recuperator

3.1.

Performance Indicators

To measure the performance of the considered cycles some performance parameters have to be
introduced for the ORC. The thermal efficiency for the ORC is obtained from (Lecompte et al., 2014):

th,ORC 

Wel ,exp  Wel , pump
Qin,ORC

Eq. (1)

The second law efficiency for the ORC system is calculated from the following expression (Maraver
et al., 2014):
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ex,ORC 

(Wel ,exp  Wel , pump )  Exw

Eq. (2)

ExHTF ,in  ExHTF ,out

The exergy rate increase of the condenser water stream is useful as it is used to drive the sorption
chiller. It is obtained with Eq. (3).

Exw  Exw,out  Exw,in  mw[hw,out  hw,in  T0 (sw,out  sw,in )]

Eq. (3)

with T0 = 298.15 K. The exergy input to the system is calculated with Eq. (4).

ExHTF  ExHTF ,out  ExHTF ,in  mHTF [hHTF ,out  hHTF ,in  T0 (sHTF ,out  sHTF ,in )]

Eq. (4)

The subscript HTF refers to the properties of the stream flowing between the heat storage tank and
the evaporator of the ORC. The internal exergy efficiency is defined in relation to the Carnot
efficiency of the cycle:

ex ,ORC _ Carnot 
with

Tlow 
3.2.

Tw,out  Tw,in
ln(Tw,out / Tw,in )

th ,ORC

1

; Thigh 

Eq. (5)

Tlow
Thigh

THTF ,in  THTF ,out

Eq. (6)

ln(THTF ,in / THTF ,out )

ORC Optimization Results

Table 1 lists the optimal operating conditions for the considered working fluids. The largest
performance indicators are marked in yellow.

Fluid

Table 1. Optimized design points for all the considered working fluids for maximum efficiency
HTF mass flow rate=0.5 kg/s

Thermal efficiency (%)
Exergy efficiency ORC (%)
Exergy efficiency Carnot based (%)
Expander efficiency (%)
Pump efficiency (%)
Net power output (kW)
Heat input (kW)
Recuperator heat duty (kW)
Condensation temperature (°C)
Evaporation temperature (°C)
Level of superheating (K)

Cyclo
hexane
14.03
51.67
52.08
76.91
64.22
4.58
32.63
6.07
87.8
205.2
10.3

Heptane

Toluene

Isohexane

13.77
50.17
53.49
74.87
71.28
3.92
28.44
5.63
87. 6
207.7
9.5

13.31
52.68
51.64
76.76
42.74
3.52
26.46
3.48
88.2
204.1
8.6

13.59
48.81
52.32
77.49
73.09
4.03
29.68
7.38
87.6
205.9
13.9

Cyclo
pentane
13.05
48.71
49.32
77.78
74.02
4.32
33.13
3.56
89.8
209.1
6.7

Cyclohexane, heptane and toluene show the most attractive solutions. Cyclohexane maximizes both
the thermal efficiency and the net power output. For this reason it has been selected as the working
fluid of the installation in all upcoming calculations. Notice that the highest performance is obtained
for evaporating temperatures in the range 204 to 209 oC.

4. COOLING CYCLES
Recently Roumpedakis et al. (2018) investigated the performance of a 10 kW zeolite-water
adsorption chiller / heat pump. They developed a model which allows for the identification of the
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relation between the inlet temperatures of the three external flows and the performance of the
machine. These are the heat source temperature, the heat rejection temperature and the chilled
water temperature. The results of this model have been implemented in table form in the ORC –
adsorption system model allowing for the performance prediction both for operation as chiller and as
heat pump. Different data sets of cooling water and chilled water temperatures for a given heat
source temperature allow to predict the performance over a wide range of conditions.
The model used to predict the absorption chiller’s performance is based on the approach proposed
by Kim and Infante Ferreira (2008). The model was calibrated for a LiBr-H2O single-effect absorption
chiller. The nominal mass flowrate of the solution was set to be equal to 0.0556 kg/s. The mass flows
of the secondary streams of generator, absorber and evaporator have been set at 1 kg/s while the
mass flow of external fluid through the condenser has been taken as 1.5 kg/s.
The considered vapour compression chiller (VCC) was selected to operate with a typical working
fluid, R410A, without any optimization procedures to define the optimal fluid. Both the nominal and
the off-design performance of the VCC have been determined by cubic interpolations of actual data
provided by a chiller manufacturer. This model is also used in combination with the PV panels as an
all-electric solution.

5. PERFORMANCE OF THE POLY-GENERATION SYSTEMS
Two types of buildings have been evaluated: a residential building with a total surface of 100 m² and
a utility building of 639 m². The heating and cooling requirements of the two building types have been
evaluated for both Amsterdam and Athens. The calculations have been conducted in the
environment of EnergyPlus. The buildings are reasonably well insulated. For instance the windows
are double glazed windows with an overall heat transfer coefficient equal to 3.8 Wm-2K-1.
For the specification of the buildings’ thermal loads a central air conditioner with a COP of 3.28 has
been selected to cover the cooling loads, while the heating demands (including water heating) were
covered by a gas fired boiler with a thermal efficiency of 95%. For the residential buildings the heating
set point was selected to be 21.1 °C, while the cooling set point was set at 24.4 °C. For the case of
the utility buildings the same setpoints were considered but only for working hours (9 am-5 pm).
Table 2 presents, the total annual consumption to cover the thermal demands of the considered
buildings using conventional systems. The exergy input in annual basis consists of two parts, the
exergy of the natural gas and the total electrical consumption for the central air conditioner. The
specific exergy (kJ kg-1) of natural gas is equal to the lower heating value of natural gas multiplied
by a factor of 1.04 (Oliveira Júnior, 2013).
Table 2. Overview of conventional systems consumption, costs and exergy efficiencies

-

Residential
Athens
1,897.6
5,481.4
for 1,669.9

Annual heating demand (kWh)
Annual cooling demand (kWh)
Annual electricity consumption
cooling (kWh)
Annual costs for cooling and heating (€)
Annual exergy input (kWh)
Annual exergy output (kWh)
Average annual exergy efficiency (%)

394.3
3643.4
656.8
18.03

Residential
Amsterdam
9,576.7
457.3
139.4

Utility
Athens
5,753.9
9,968.9
3,037.1

Utility
Amsterdam
30,719.3
245.7
74.9

802.2
10099.1
1,602.7
15.87

524.2
9021.2
1,295.2
14.36

832.1
32023.0
3,899.6
12.18

Table 2 shows that the exergy efficiency of the conventional systems is in the range 12 to 18%.
Huangfu et al. (2007) report a maximum exergy efficiency of 26% for an internal combustion engine
combined with an adsorption system and a payback time of 3 years. Al-Sulaiman et al. (2011) report
a similar exergy efficiency (27.5%) for a biomass fired ORC combined with absorption. These results
indicate that the ORC combined with adsorption or absorption systems might be competitive.
5.1.

PV-Heat Pump/Chiller Configuration

In order to, in terms of exergy efficiency and cost competitiveness, determine the optimum number
of PV panels coupled with the vapour compression system a loop has been implemented which
evaluated all possible number of modules from a single PV module to covering the whole roof of the
given buildings. The maximum number of PV panels that could be installed in the considered
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buildings was determined by considering the gross surface of a single panel to be 25% larger than
the net surface (which is equal to 1.66 m²).
The capital cost of the chiller / heat pump has been determined using a cost correlation while the
capital cost of the PV panels has been taken as 1400 €/kW p (Huld et al., 2014). The annual savings
from the operation of the PV panels combined with the chiller / heat pump have been obtained by
comparing the annual costs with the annual costs of the reference case listed in Table 2. From these
savings the payback time for the considered PV-heat pump system has been obtained. For what
concerns the electricity produced from the PV panels, net metering was considered to be applied
with no feed-in tariff. The results for the cost optimization are presented in Fig. 5 for the residential
(left) and the utility building (right), respectively. For the case of Athens and for a PV surface larger
than 8.3 m², the payback period is less than 10 years, making the investment quite competitive. For
the residential case of Amsterdam, the payback period is below 10 years for all the considered values
of the PV surface. This is justified by the fact that the heat pump is operating mostly for heating in
Amsterdam, resulting in an overall higher efficiency and thus lower operating costs. The slight
increase in the payback period for the utility case of Amsterdam for small PV surfaces is observed
due to the lower solar radiation which results in low return in comparison to the purchase costs of
the PVs.

Figure 5: Payback time of PV-heat pump systems for the considered utility (right) and residential
buildings (left)

The exergy input to these systems is the exergy corresponding to the solar energy given in Eq. (7).


T 
Exsol  1  o  I sol Apv
 Tsol 

Eq. (7)

where Tsol is the temperature of the sun (5770 K, Kalogirou et al. (2016)), Isol is the solar radiation
and Apv is the solar panel surface. The large exergy losses in the PV panels lead to low exergy
efficiencies when large solar collector areas are installed. For instance in Amsterdam areas above
10 m2 (residential) and 30 m2 (utility) lead to exergy efficiencies lower than 10%.
5.2.

Solar Thermally Driven ORC-Sorption Systems with a Backup Boiler

In case the ORC is not supplying sufficient heat to the sorption heat pump / chiller, the model
calculates the additional heat input that is required to cover the heating / cooling loads of the building.
This additional exergy input is added to the solar exergy input to the solar collectors when calculating
the exergy efficiency of the systems.
For the evaluation of these systems a genetic algorithm has been used with objective functions to
maximize the exergy efficiency while minimizing the payback time. Since the best performance is
obtained with concentrated parabolic dish collectors only the results for these collectors will be
discussed. Fig. shows the optimization results for the ORC combined with sorption heat pump /
chiller systems. On the left hand side the results for the absorption systems and the right side for the
adsorption systems. Adsorption systems show an inferior performance when compared to the
absorption systems.
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Figure 6: Payback time and exergy efficiency of ORC-sorption heat pump systems for the considered
residential buildings when combined with absorption (left) and adsorption (right) systems

Fig. 6 shows that the exergy efficiency of these systems is comparable to the exergy efficiency of
the PV – VCC systems. The solar exergy input is high while the solar thermal collectors, the storage
buffer and the ORC introduce large amounts of irreversibilities. The auxiliary boiler with its low exergy
efficiency also contributes to the low value of the exergy efficiency. With payback times larger than
20 years, these systems cannot compete with the conventional systems.
The genetic algorithm results have confirmed that the ORC combined with an absorption heat pump
can attain system exergy efficiencies up to 20% but that this is only possible with very long payback
times. Better economic performance leads to systems with low exergy efficiency.

6. CONCLUSIONS
In this study the authors have investigated the potential of solar driven ORC with a sorption heat
pump / chiller coupled to the condenser of the ORC. The performance of such systems has been
investigated for applications both in Amsterdam and Athens. From this study the following
conclusions can be drawn:
Solar energy can be converted into electricity with PV panel and the electricity can then be used to
operate a heat pump / chiller for heating / cooling purposes. The average PV panel area of 12 m2,
generally used in residential buildings in the Netherlands, leads to system payback times of 9 years
and system exergy efficiency of 8%. This efficiency is lower than the efficiency of the conventional
system (16%).
When adsorption heat pumps / chillers are used in combination with the solar driven ORC the
payback times become unacceptably high (lowest value being 23 years) and the exergy efficiency
remains low around 8%. When absorption heat pumps / chillers are used in combination with the
solar driven ORC the payback times are comparably better (lowest value being 19 years) while the
exergy efficiency remains at a similar level of 8%.

NOMENCLATURE
A
Ex

h
I
m
Q
s
T

W

Roman symbols
area
exergy flow
specific enthalpy
solar radiation
mass flow
heat flow
entropy
temperature
mechanical power

m2
kW
kJkg-1
Wm-2
Kgs-1
kW
kJkg-1K-1
K
kW

el
exp
high
HTF
in
low
ORC
out
pv
sol
th

electrical
expander
high temperature side
heat transfer fluid
inlet
low temperature side
organic Rankine cycle
outlet
PV panel
solar / sun
thermal
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0

Greek symbols
efficiency
Subscripts
reference state

-

w

water stream
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ABSTRACT
Reduced use of high global warming potential (GWP) hydrofluorocarbon (HFC) refrigerants is
desired. However, many lower-GWP alternatives are flammable, some of higher flammability levels,
or A3, and others of lower flammability (A2 or A2L).
Safety standards for A2 and A3 flammable refrigerants, including the International Electrotechnical
Commission (IEC) standard IEC 60335-2-40 calculate maximum flammable refrigerant charge limits
using a fixed 4-minute leak time based on the time to leak 150 g of CO2 through a capillary tube.
Actual refrigerant leak times depend on the equipment type, leak location, leak orifice diameter and
equipment operation condition (on or off).
Five systems were installed in test chambers with leak quantities and rates measured by tracking
total system weight during the leak event. Among the major results were that almost all of the system
charge was shown to escape the units, >80% within the first 10 minutes.
Keywords: refrigerants, flammable, leak rate measurements, air-conditioning, refrigeration

1. INTRODUCTION
Under the Montréal Protocol a global phase-out of chlorofluorocarbon (CFCs) has been completed
and phase-out of hydrochlorofluorocarbon (HCFCs) is in final stages. Hydrofluorocarbons (HFCs)
like R-410A and R-134a have been used as alternatives to HCFCs for many HVAC&R applications
but have relatively high global warming potential (GWP). In October 2016, the Kigali Amendment to
the Montréal Protocol was adopted to phase-down the use of HFCs (UNEP, 2016). Proposed lowerGWP alternatives to replace high-GWP HFCs include low-GWP HFCs, hydrofluoroolefins (HFO),
hydrochlorofluoroolefins (HCFO), hydrocarbons (HC), ammonia (R-717), CO2 (R-744), or blends
containing low-GWP HFCs and other low-GWP fluids. Most of the lower toxicity (class A) low-GWP
alternatives are flammable to some degree according to Addendum g to ANSI/ASHRAE 34
(ASHRAE, 2016a) and ISO 817:2014 (ISO, 2014a), which designate toxicity and flammability of
refrigerants.
Refrigerant flammability introduces challenges to the usage of low-GWP refrigerants in real life
applications. Those challenges are centered around the deflagration risk associated with their use
and its implications on personal and property safety. Standards have been developed to
systematically set maximum allowable flammable refrigerant charges to ensure safety in case of
refrigerant leakage. These standards were initially based on limited testing and numerical analyses
of refrigerant leakage into confined spaces (Clodic and Cai, 1996, Kataoka et al., 1999, Kataoka et
al., 2000). Currently published general safety standards include International Standards
Organization (ISO) 5149 (ISO, 2014b), and its relative counterpart ANSI/ASHRAE 15 (ASHRAE,
2016b). Equipment standards include those by the International Electrotechnical Commission (e.g.
(IEC, 2016, 2018)) and Underwriter’s Laboratories (e.g. (UL, 2017)).
This manuscript has been authored by UT-Battelle, LLC under Contract No. DE-AC05-00OR22725 with the U.S. Department of
Energy. The United States Government retains and the publisher, by accepting the article for publication, acknowledges that the United
States Government retains a non-exclusive, paid-up, irrevocable, world-wide license to publish or reproduce the published form of this
manuscript, or allow others to do so, for United States Government purposes. The Department of Energy will provide public access to
these results of federally sponsored research in accordance with the DOE Public Access Plan (http://energy.gov/downloads/doe-publicaccess-plan).
1
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Most low-GWP refrigerant options are either class A2L (lower flammability) or A3 (higher
flammability). While expanded use of such refrigerants is generally seen as a key to reducing the
global environmental impact of HVAC&R equipment and systems, current codes significantly restrict
the use of all flammable refrigerants, including lower flammability A2L types. There is, therefore, a
need to revise the relevant safety standards and codes to facilitate wider use of low-GWP but
flammable refrigerant alternatives; especially A2L refrigerants.
Calculations of maximum flammable refrigerant charge limits in standards such as IEC 60335-2-40
(IEC, 2016) have generally assumed a fixed leak time of 4 minutes. This was originally meant to
represent a catastrophic leak and was based on the time taken to leak 150 g of CO2 through a
capillary tube (about 3.5 minutes), defined (at that time) in IEC 60335-2-24 (IEC, 1997). As such, the
4-minute leak time is embedded into the global IEC standard and into all subsequent standards
which are based on it. Although the above assumptions were reasonable and necessary at the time,
the actual leak rate and duration for new and existing flammable refrigerants in HVAC&R systems is
known to depend strongly on the equipment type, leak location (e.g. evaporator or condenser leak),
refrigerant type (i.e. lower- or higher-pressure), leak orifice diameter and equipment operation
condition (i.e. on or off). For these reasons, it is imperative to quantify the actual leak rates and
duration for various pieces of equipment and account for slow, medium, rapid and catastrophic leaks.
The objectives of the current project are to conduct refrigerant leak testing under conditions
representative of those seen by actual equipment to document the pressure decay rate, the mass
flow rate of leaked refrigerant, and the quality (vapor versus liquid) of the leaking refrigerant as a
function of time. When liquid remains in the leaking refrigerant after the initial process of flashing to
atmospheric pressure, a determination of the amount of liquid that “rains out” versus the small
droplets that remain suspended (as a fog) as a function of time is also of interest as these
phenomena will affect refrigerant concentration profiles. It is also important to know what fraction of
the total charge remains in the equipment due to self-chilling from system pressure reduction. This
could have implications for calculation of maximum allowable charge in systems with A2L
refrigerants.
This project was intended to simulate massive failures resulting in much more rapid charge releases
than the more typical, much slower rates seen in practice that would take days, weeks, or months to
empty a system of its entire charge. Thus, the high leak rates chosen were meant to simulate a
“maximum possible” worst case refrigerant release scenario (e.g., full line break or other rupture
resulting in an orifice diameter equal to the liquid line of the system under test). For the low leak rate
cases, the intent was to simulate a refrigerant leak (or release) rate that would result in a total loss
of system charge in “roughly” four minutes. The choice of the 4-minute rate was intended to represent
a “reasonable” worst case release scenario to match the refrigerant leak rate assumption used in
IEC 60335-2-40 (IEC, 2016).
The results of this work will be used to help update the safety standards and will be part of the
national and international research effort to enable the widespread use of environmentally preferred,
higher-efficiency refrigerants for different applications. This paper describes the scope, tasks, and
relevant results of the project. Section 2 provides a general description of the test approach along
with descriptions of the test equipment. Section 3 provides a discussion of key results from tests of
the various units. Finally, the project conclusions and summary are given in Section 4. This work is
also part of a larger effort which is summarized in detail in (Baxter et al., 2019).

2. GENERAL APPROACH AND SETUP
2.1

Test Matrix and Equipment

The project involved imposing refrigerant leaks on five systems and conducting tests to obtain data
to meet the project objectives. Systems chosen covered three air-conditioning (AC) applications
(packaged terminal AC or PTAC, 10.6 kW (3-ton) residential split system AC, and 17.6 kW (5-ton)
packaged rooftop AC) and two refrigeration applications (split system unit cooler, and standalone
display case), as shown in Figure 1.
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Figure 1: Equipment tested

Table 1 below shows the test matrix for each system. All systems utilized a vapor-compression cycle;
refrigerants used for the testing program were R-410A for the AC systems and R-404A for the
refrigeration systems. The “low-side” refers to leaks originating at the point after the evaporator
outlet, prior to the compressor suction. The “high-side” refers to leaks originating at the point after
the condenser outlet, prior to the expansion device.
Test
#
1
2
3
4
5
6
7
8

Low leak
rate





Table 1. Test matrix for each system

High leak
rate

Equipment
on



Equipment
off

High-side
leak









Low-side
leak
















For the high-side leaks at “high leak rate,” a tube the size of the test system’s liquid line with no
restriction was used for the release point. For “low leak rate,” the original plan was to use a release
area that was ½ the cross-sectional area of the release tube. However, after reviewing results of the
first system tested (split AC) this was changed to use an orifice diameter for the other four units to
closely approach a total leak time (for 99% of the total refrigerant released to exit the unit) of about
4 minutes for the “equipment off,” and “low-side leak” test cases.
2.2

Test Setup and Instrumentation

Figure 2 illustrates the general test chamber setup arrangement as used for the split AC unit and
illustrates the approximate positioning of equipment on top of scales, the leak release apparatus,
leak visualization, refrigerant concentration, and space temperature instrumentation. This positioning
was basically similar for all the test units. The equipment was installed in environmental chambers
so that ambient temperature and relative humidity could be kept uniform from test to test, as well as
to simulate actual indoor and outdoor conditions.
The leak release apparatus consisted of a pneumatically-operated, fast-acting, full-port ball valve
which was controlled by the data acquisition (DAQ) system through a computer. Two hand-operated
ball valves were installed prior to the release valve to enable the test operator to select the high- or
low-side leak point as required for each test.
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Figure 2: Split AC test unit setup in test chamber (not to scale)

To record video of the refrigerant releases, five GoPro HERO5 Session™ cameras were used for
each system (positioned just under, above, to left of, to right of, and looking directly at the leak
release point). To measure refrigerant concentration as a function of time, 12 Apogee® SO-220 O2
sensors were arrayed in the room (sensing oxygen concentration as surrogate for refrigerant
concentration). These sensors also had 12 built-in type K thermocouples for measurement of air
temperature. To record the decay of refrigerant pressure within the high and low-pressure sides of
the equipment, high-accuracy pressure transducers were located just upstream of the leak location.
Type T thermocouples were co-located with each pressure sensor and a third TC was located at the
leak release point.
To quantify the mass flow rate of the released refrigerant, the equipment was placed on highcapacity, high-precision scales to track unit mass vs. time. Two scales were used for the split-AC
and unit cooler systems and one scale used for all other systems. The capacity of the larger outdoor
unit scale was 300 kg with a readability of ±5 g. The capacity of the indoor unit scale was 120 kg,
with a readability of ±2 g. Finally, the capacity of the leak pan scale was 30 kg, with a readability of
± 2 g.
Some test systems (e.g., split-AC) included means (sight glass or external refrigerant/oil level tube)
for direct monitoring of compressor sump oil level, but not all. A leak “capture” box was fabricated
and mounted on a separate weigh scale. Refrigerant releases were directed into this box to obtain
a secondary estimate of any oil and/or liquid refrigerant release during the leak tests. The box would
also be able to record any liquid refrigerant droplets collected in the drip pan during leak tests.
2.3

Test Conditions and Procedure

Prior to the start of all tests, the air in the environmental chambers was first conditioned. Ambient
temperature conditions of 35 ± 1.1°C (95 ± 2°F) for the “outdoor portion” and 23.9 ± 1.1°C (75 ± 2°F)
for the “indoor portion” of the equipment were specified for the AC test units. While the standard
indoor temperature for rating ACs in the US is 26.7°C (80°F), 23.9°C was specified for these tests
as being more representative of the set points actually used in service. For the display case unit, a
23.9 ± 1.1°C (75 ± 2°F) operating condition was specified. For the split unit cooler, ambient
temperature conditions of 35 ± 1.1°C (95°F ± 2°F) for the “outdoor portion” and (-6.67 ± 1.1°C (20 ±
2°F) for the “indoor portion” of the equipment were specified.
For all equipment “on” tests, the systems were allowed to reach steady operation at the noted
conditions prior to initiating a refrigerant leak event – approximately 20 minutes. This ensured that
refrigerant was distributed throughout the system under normal conditions. Compressor and unit
power were measured during each “on” test to provide a direct indication of compressor shut off
during the test (e.g., due to low pressure cut out or other system safety controls). For all equipment
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“off” tests, the systems were initially run until steady-state operation was reached, after which they
were turned off prior to the leak event.
When the chambers were conditioned and the equipment was ready, a leak event was initiated by
opening the pneumatically-actuated valve. This caused refrigerant to be immediately discharged into
the chamber, reducing the system mass accordingly. All measurements of mass, temperature,
pressure and concentration were recorded as a function of time by the DAQ at a sampling frequency
of 10 Hz. Video was recorded from five different angles during the leak event. The data collection
continued for 20 min, after which the test chambers were evacuated, and the system was prepared
for the next test.

3. TEST RESULTS
To illustrate the typical data acquired for each equipment during a leak event, Figure 3 shows results
from a test on the PTAC unit, which had a high-side leak through a 1.04 mm orifice with the
equipment off. The dotted vertical line indicates the start of the leak event.

Figure 3. Typical experimental data for PTAC unit with 1.04 mm orifice, equipment off, high-side leak:
(a.) High- and low-side pressure decay, (b.) percent charge released (c.) power consumption and (d.)
system diagram

As shown above, nearly all (~99%) of the system charge was released for this case. As noted in the
previous section, for the equipment off tests, the system was initially run until it reached steady-state
operation, after which it was turned off. When this occurred, the system pressure equalized (Figure
3a) and the compressor power consumption was 0 W (Figure 3c). The unit fan continued to operate,
resulting in the total unit power consumption to be nonzero.
A summary of the pertinent experimental data regarding the system charge and leak rate is provided
in Table 2 for all systems. The test number sequence corresponds to that in Table 1. For example,
test 119 is the third test in the package RTU test series. As indicated in Table 1, the third test in the
series was conducted with a low leak rate, with equipment off and the leak occurred on the low-side
of the system.
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Table 2. Summary of experimental results for all systems tested

Test
Equipment Refrigerant
#
101
102
103
104
105
106
107
108
109
110
111
112
113
114
115
116
117
118
119
120
121
122
123
124
125
126
127
128
129
130
131
132
133
134
135
136
137
138
139
140

PTAC
PTAC
PTAC
PTAC
PTAC
PTAC
PTAC
PTAC
Split-AC
Split-AC
Split-AC
Split-AC
Split-AC
Split-AC
Split-AC
Split-AC
RTU
RTU
RTU
RTU
RTU
RTU
RTU
RTU
Display case
Display case
Display case
Display case
Display case
Display case
Display case
Display case
Unit cooler
Unit cooler
Unit cooler
Unit cooler
Unit cooler
Unit cooler
Unit cooler
Unit cooler

R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-410A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A
R-404A

System
charge
[kg]

Total
charge
released
[kg]

0.936
0.936
0.936
0.936
0.936
0.936
0.936
0.936
3.799
3.799
3.799
3.799
3.799
3.799
3.799
3.799
1.790
1.790
1.790
1.790
1.790
1.790
1.790
1.790
1.497
1.497
1.497
1.497
1.497
1.497
1.497
1.497
2.268
2.268
2.268
2.268
2.268
2.268
2.268
2.268

0.865
0.895
0.955
0.925
0.945
0.935
0.965
0.955
3.775
3.735
3.675
3.705
3.925
3.670
3.750
3.775
1.713
1.573
1.675
1.670
1.578
1.613
1.730
1.715
1.425
1.510
1.465
1.430
1.425
1.500
1.450
1.425
2.160
2.240
0.090
2.190
2.185
2.285
0.135
2.245

Time to
Average leak
Collector
release 80% of rate for 80%
pan mass
total charge
release
change [kg]
[s]
[kg/min]
-0.001
-0.001
-0.005
0.000
0.000
-0.003
-0.008
0.000
-0.004
-0.007
0.002
-0.002
-0.011
0.003
0.077
-0.002
N/A
N/A
N/A
N/A
N/A
N/A
N/A
N/A
-0.007
-0.003
-0.014
0.000
-0.010
-0.001
-0.016
0.000
-0.004
-0.001
-0.007
-0.001
0.000
0.010
0.002
-0.001

549.00
74.50
116.60
146.10
132.50
15.70
19.20
32.80
102.40
35.40
86.60
45.58
73.35
27.70
29.70
34.40
92.90
30.50
51.10
33.40
48.70
18.00
26.00
19.40
379.80
111.70
210.80
256.40
227.00
96.70
135.60
191.10
294.70
23.60
19.30
193.20
14.80
14.20
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0.08
0.60
0.39
0.31
0.34
2.86
2.34
1.37
1.77
5.15
2.11
4.00
2.57
6.35
6.06
5.26
0.92
2.82
1.68
2.57
1.76
4.77
3.30
4.43
0.19
0.64
0.34
0.28
0.32
0.74
0.53
0.38
0.37
4.61
5.64
0.56
7.36
7.67
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Based on the information above, for all systems (with the exception of the unit cooler), the
compressor on, high side release, larger orifice generally showed the fastest leak flow rate (i.e. tests
PTAC-106, split-AC-114, packaged-RTU-122 and display-case-130). The compressor on, low side
release, smaller orifice showed the slowest leak flow rate (i.e. tests PTAC-101, split-AC-109,
packaged-RTU-117 and display-case-125). In general - with compressor on the high-side leak rates
are greater than the low-side rates (higher pressure and density at the leak location); with the
compressor off high-side leak rates are lesser than the low-side rates (larger line size, less flow
resistance to leak location on compressor suction line).
In the unit cooler system, test result trends were different. The refrigeration circuit for this system
included a normally closed solenoid valve in the liquid line upstream of the thermostatic expansion
valve (TXV). When the room temperature control thermostat is satisfied this valve closes, isolating
the evaporator from the condensing unit. The system also uses a pump down cycle at thermostat
shut down to move most of the refrigerant in the evaporator to the condensing unit. As a result, lowside leaks with the unit off (i.e. tests unit-cooler-135 and unit-cooler-139) resulted in only very small
refrigerant loss (4% of the charge for the low leak rate or smaller orifice case and 6% for the high
leak rate case).
For the high-side leak tests, rates with compressor off are somewhat greater than for compressor
on, opposite the trend seen with the other units tested. For compressor off cases, the liquid line
solenoid valve is closed and the system pump down cycle had moved most of the refrigerant to the
condensing unit; in the compressor on cases, the solenoid valve remained open and no pump down
cycle occurred before the leak.
Other important highlights from the tests are given below in Table 3 for each equipment type.
Equipment
type

Table 3. Additional test highlights for each equipment type

Additional highlights
•

PTAC
•
•
Split-AC

•
•

PackagedRTU

Display
case

•

•
•

•
•
Unit cooler •

~100% of charge was released for all tests except the two compressor on tests
with the smaller orifice size (for the low and high side leak locations, the PTAC
retained ~8% and ~4% of the charge, respectively)
There was no measurable oil release during any of the tests
Nearly all of the system charge was released (96-100%) for all eight test
scenarios
For the compressor off, higher leak rate and low side leak test (test 115) about
0.077 kg of oil is estimated to have been ejected with the refrigerant; there was
no measurable oil leakage for any of the other tests.
No significant oil release observed during any of the tests (oil catch/weigh
system not used for the RTU tests)
All of RTU test results showed some refrigerant retention at the end of the 20min test period, ranging from 3.3% to 12.1%; generally, for the compressor “on,”
more refrigerant remained in the RTU at test end than for the corresponding
compressor “off” tests (low side leak, lower rate tests (117 and 119) being the
sole exception).
No measurable oil release during any of the tests
The only test condition to show 100% charge release was the compressor on,
high-side leak
All other tests showed 2-5% charge retention
There was no measurable oil release during any of the tests
No measurable oil release during any of the tests

4. CONCLUSIONS
Based on results from the leak tests for the split AC, PTAC, standalone display case, and RTU AC
systems, the compressor on, high side release, larger orifice showed the fastest leak flow rate. The
compressor on, low side release, smaller orifice showed the slowest leak flow. In general - with
compressor on the high side leak rates are greater than the low side rates (higher pressure and
density at the leak location); with the compressor off, high side leak rates are lesser than the low

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1398

side rates (larger line size, less flow resistance to leak location on compressor suction line). For the
unit cooler system, the general test result trends were different due to the presence of a solenoid
valve upstream of the TXV. Low side leaks with the unit compressor off resulted in only very small
refrigerant loss (4% of the charge for the low leak rate or smaller orifice case and 6% for the high
leak rate case).
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ABSTRACT  

Ice  rink  refrigeration  systems  are  often  designed  as  indirect  systems  to  reduce  the  refrigerant  charge.  
Therefore,   these   systems   require   a   secondary   refrigerant   which   inevitably   will   impose   an   extra  
temperature   difference   and   require   pump   energy.   The   associated   pumping   energy   in   practice   use   to  
correspond  to  10-20%  of  the  total  refrigeration  system  energy  usage  depending  on  fluid  used  and  pump  
control  strategy.  Aqueous  solutions  with  ethylene  glycol  or  different  kind  of  salts  are  the  most  commonly  
used   fluids   but   they   have   less   favourable   thermophysical   properties   implying   higher   pump   power  
demand.  There  is  a  growing  interest  in  using  aqua  ammonia  (ammonia-water)  as  secondary  refrigerant  
in  ice  rinks  for  both  new  construction  and  retrofit.  This  is  an  environmentally  friendly  and  very  energy  
efficient  fluid  which  offers  low  corrosivity  and  very  low  pumping  power.  Material  compatibility  and  safety  
must  be  considered  when  designing  the  systems.  Aqua  ammonia  theoretically  uses  55%  less  pumping  
power  compared  with  ethylene  glycol  at  -10°C  fluid  temperature.  Current  field  measurements  show  that  
systems  using  aqua  ammonia  may  reduce  the  pumping  power  as  a  share  of  in  the  total  energy  usage  to  
1-3%.  Reference  systems  which  are  about  10  years  old  using  calcium  chloride  would  use  about  10%  of  
the  total  refrigeration  system  energy.  In  Sweden  the  first  rink  floor  system  was  retrofitted  in  2007  and  it  
is  still  in  operation  with  good  results.  Today  the  number  of  indoor  hockey  rinks  using  aqua  ammonia  is  
34  and  rapidly  growing.  One  reason  being  the  increasing  interest  for  CO2  as  primary  refrigerant  which  
benefit   due   to   a   considerably   lower   evaporator   cost   when   aqua   ammonia   is   used   as   secondary  
refrigerant.    
Keywords:   Ice   Rink,   Secondary   Refrigerant,   Aqua   Ammonia,   Pressure   Drop,   Retrofit,   Pump   Energy,  
Safety.  

1.  INTRODUCTION    
Sweden   currently   has   368   indoor   ice   rinks   with   the   ambition   to   further   grow   the   number.   The   cost   of  
operation,  however,  is  a  challenge  for  many  arena  owners,  which  has  brought  the  arena  energy  usage  
in  focus.  There  are  many  ways  to  reduce  the  energy  usage  but  it  is  evident  that  the  refrigeration  system  
is   a   major   contributor.   When   it   comes   to   the   environmental   impact   one   may   state   that   it   stems   from  
primarily  two  factors;;  the  amount  energy  used  and  the  type  of  refrigerant.  Statistics  from  Sweden  show  
that  a  typical  single  ice  sheet  indoor  rink  uses  about  1  000  000  kWh  purchased  energy  annually,  with  the  
refrigeration  system  accounting  for  about  43%  and  heating  for  about  26%.  (Rogstam,  2010).  As  far  as  
refrigerants   are   concerned   there   are   essentially   two   groups   available;;   synthetic   and   natural.   In   the  
synthetic  group  the  most  commonly  used  refrigerants  are  found,  the  so-called  fluorinated  hydrocarbons.  
Most   of   these   are   potent   greenhouse   gases   and   in   order   to   reduce   emissions   from   fluorinated  
greenhouse   gases   (F-gases),   the   European   Union   updated   the   F-gas   Regulation   in   2015,   where  
refrigerants  with  high  global  warming  potential  (GWP)  are  to  be  gradually  phased  out  and  replaced  by  
substances  that  fulfil  the  environmental  requirements.  A  group  of  refrigerants  highly  affected  by  the  F-
gas  Regulation  are  the  hydrofluorocarbons  (HFCs),  which  have  been  very  popular  over  the  last  decades  
and  to  some  extent  also  used  in  ice  rink  refrigeration  systems.  This  means  that  many  existing  facilities  
will  be  facing  renovations  and  retrofits  in  the  near  future.  The  alternative  to  synthetic  refrigerant  is  the  
natural  alternatives  which  are  limited  to;;  ammonia,  hydrocarbons  and  carbon  dioxide  where  the  two  first  
are  poisonous  and/or  flammable.  This  implies  that  refrigeration  systems  using  those  will  inevitably  be  
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indirect   i.e.,   using   a   secondary   refrigerant   in   the   rink   floor.   CO2   being   an   exception   since   it   is   not  
poisonous  and/or  flammable  may  therefore  be  used  directly  in  the  rink  floor  (Rogstam  &  Bolteau  2015).  
It,  however,  poses  certain  requirements  on  the  pipes  in  the  floor  due  to  higher  pressure  which  prevents  
a   direct   retrofit.   Having   that   said,   most   newly   built   and   future   retrofits   in   ice   rinks   will   imply   so   called  
indirect  refrigeration  systems  which  will  require  a  secondary  refrigerant.    
1.1.  Indirect  Refrigeration  Systems  
Indirect  systems  may  be  separated  into  fully  or  partly  indirect  systems  where  the  first  refers  to  a  system  
with  a  liquid  connection  on  both  cold  and  warm  side,  and  the  latter  just  on  the  cold  side.  A  partly  indirect  
system  is  illustrated  in  the  principle  figure  below  (Fig.  1)  which  has  been  a  common  way  to  build  ice  rinks  
refrigeration  systems  in  recent  times.    

  
Figure  1:  A  partly  indirect  ice  rink  refrigeration  systems  

An   indirect   solution   will   reduce   the   refrigerant   charge   and   a   fully   indirect   solution   even   more   so.   As  
pointed   out,   the   advantage   being   a   reduced   refrigerant   charge   but   the   disadvantage   being   an   extra  
temperature  difference  imposed  by  the  heat  exchanger  which  will  decrease  the  evaporation  temperature.  
Further,  the  distribution  of  the  fluid  in  the  rink  floor  will  also  require  a  pump  and  the  associated  electrical  
pump  energy.    
A  typical  ice  hockey  rink  floor  in  Europe  (60x30m)  requires  around  20  km  of  tubing  provided  the  tube  
pitch  is  80-100mm  which  is  considered  standard  practice  today.  The  length  of  the  distribution  system  
and   considering   that   the   typical   temperature   of   the   fluid   is   in   the   range   of   -15   to   -5°C,   sets   the  
expectations  as  far  as  pump  energy  is  concerned.  To  put  the  distribution  energy  usage  into  perspective,  
Rogstam  (2010)  presented  the  energy  data  from  19  ice  rinks  with  fully  indirect  refrigeration  systems.  All  
motors   had   frequency   converters,   which   enabled   the   energy   usage   to   be   recorded.   The   systems  
represented  reasonably  well-designed  refrigeration  systems  with  a  majority  ammonia  systems  and  CaCl2  
or  Freezium  as  secondary  refrigerant.  
Coolant  pump,  
1  451,  5%

Dry  cooler  fans,  
1  388,  5%

Brine  pump,  
2  772,  10%

Compressor
Brine  pump
Coolant  pump
Dry  cooler  fans

Compressor,    
23  158,  80%

  

Figure  2:  Monthly  energy  usage  for  19  indirect  ice  rink  refrigeration  systems  (Rogstam,  2010)  

The  conclusion  from  Fig.  1  is  that  the  total  distribution  energy  is  about  20%  of  total  refrigeration  system  
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energy  input,  and  that  the  secondary  refrigerant  pumps  account  for  about  10%  on  average.  It  should  be  
emphasised   that   these   systems   controls   the   capacity   of   the   brine   pumps   to   the   refrigeration   need   to  
avoid  excessive  pump  energy  usage,  although  the  exact  control  strategy  is  not  known.    

2.  AMMONIA  WATER  AS  SECONDARY  REFRIGERANT  
The  term  secondary  refrigerant  refers  to  the  working  media  transferring  the  heat  from  the  rink  floor  to  the  
evaporator  in  an  indirect  system.  It  circulates  in  the  secondary  loop;;  being  both  a  heat  sink  for  the  ice  
rink  floor  and  a  heat  source  for  the  evaporation  process.  Phase-changing  secondary  fluids,  such  as  CO2,  
have   an   advantage   over   the   single-phase   ones   due   to   the   high   latent   heat   during   the   phase   change  
process.  The  single-phase  solutions  are  a  mix  between  water  and  a  freezing  point  depressant  mixture  
with  additives  (e.g.  corrosion  inhibitors)  (Mazzotti,  2013).  
2.1.  Aqua  Ammonia  /  Ammonia  Water  –  Literature  Study  
A  literature  study  on  aqua-ammonia  has  been  conducted  to  see  what  the  scientific  interest  in  this  fluid  
has  been  recently.  There  are  seemingly  no  recent  published  papers  on  the  subject  of  the  use  of  aqua  
ammonia   in   (ice   rink)   refrigeration   systems.   A   search   for   published   articles   generally   related   to   aqua  
ammonia   gave   diverse   results.   Most   of   the   recent   literature   about   aqua   ammonia   with   respect   to  
refrigeration  either  justifies  the  use  of  the  mixture  in  an  absorption  cooler  analyses  its  use  in  absorption  
coolers  powered  by  solar  energy  or  incorporates  an  absorption  cooler  into  a  polygeneration  system.  Only  
one   study   found,   experimented   to   find   the   thermodynamic   properties   of   aqua   ammonia.   Ganesh   &  
Srinivas,   2017   found   correlations   between   the   temperature,   specific   volume,   enthalpy,   entropy,   and  
exergy  at  different  solution  concentrations  at  varying  pressures.    
One   of   very   few   references   on   refrigeration   applications   is   Gibert   (2007),   which   presents   practical  
aspects   of   ammonia   water   and   he   claims   about   50   installations   with   “alkali”   in   France   in   2007.   He  
primarily   uses   mono-ethylene   glycol   as   reference   and   shows   that   ammonia   water   “allow   to   reduce  
drastically  the  electrical  consumption  of  the  refrigeration  installation  designed  with  a  secondary  loop,  and  
especially  at  low  temperature”.  
2.2.  Environmental  and  Safety  Aspects  of  Ammonia  Water  
Ammonia  water  (Ammonium  hydroxide,  NH4OH)  is  a  solution  of  ammonia  in  water  which  is  mainly  used  
as  a  cleanser  and  in  manufacturing  plastics,  rubber,  fertilizer  and  textiles.  It's  a  colorless,  clear  liquid  with  
a  pungent-to-faint  ammonia  odor.  Stable  under  normal  temperatures  and  pressures,  heating  it  produces  
ammonia   gas.   It   is   incompatible   with   acids,   hypochlorites,   halogens,   sodium   hydroxide,   galvanized  
surfaces  and  strong  oxidizing  agents,  plus  metals  and  their  alloys  (Lab  Safety  Supply,  2009).    
Contact  with  eyes  may  result  in  ulceration  of  the  conjunctiva  and  cornea,  eye  burns  and  temporary  loss  
of   sight.   It   causes   skin   irritation;;   contact   can   lead   to   severe   irritation   and   burns.   Ingestion   can   cause  
vomiting,  nausea,  gastric  irritation  and,  in  severe  cases,  perforation,  central  nervous  system  depression,  
shock,  convulsions  and  pulmonary  edema.  If  inhaled,  mild  exposure  can  cause  nose  irritation  (sneezing,  
coughing).  Exposure  to  high  concentrations  may  cause  pulmonary  edema,  shock,  convulsions,  cyanosis  
or   central   nervous   system   depression.   Chronic   exposure   may   cause   bronchitis,   conjunctivitis   or  
dermatitis.   Engineering   controls   should   provide   local   fume   exhaust   and/or   general   dilution   ventilation  
(Lab  Safety  Supply,  2009).  
2.2.1  Personal  Protective  Equipment  
  Wear  splash-proof  safety  goggles.  Install  an  emergency  eye  wash  unit  in  the  immediate  area.  Do  not  
wear  contact  lenses  when  working  with  ammonium  hydroxide.  Wear  appropriate  gloves  and  protective  
clothing  to  prevent  skin  contact.  No  respiratory  protection  is  required  when  working  with  this  chemical  
under   an   appropriate   fume   hood.   If   the   ammonium   hydroxide   airborne   concentration   is   300   ppm   or  
higher,   wear   a   self-contained   breathing   apparatus   (SCBA)   with   full   facepiece.   Store   the   chemical   in  
capped,  glass  or  plastic  containers  protected  from  heat  and  incompatible  substances.  Thoroughly  wash  
after  handling.  Avoid  breathing  dust,  vapor,  mist  or  gas.  
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2.2.2  Fire  fighting  measures  
If  possible,  move  the  storage  container  away  from  fire.  Ammonium  hydroxide  is  not  a  flammable  liquid;;  
however,  ammonia  gas  is  flammable.  The  gas  is  an  eye,  skin  and  respiratory  irritant.  For  small  fires,  use  
dry   chemical,   carbon   dioxide,   water   spray   or   alcohol-resistant   foam   extinguishers.   Wear   appropriate  
protective  clothing  to  prevent  contact  with  skin  and  eyes  (Lab  Safety  Supply  2009).  
2.3.  Thermophysical  Properties  as  Secondary  Refrigerants  
When  comparing  secondary  fluids  in  terms  of  the  heat  transfer,  pressure  drop  and  freezing  protection,  
the   following   thermo-physical   properties   are   typically   of   interest:   freezing   point,   viscosity,   thermal  
conductivity,  specific  heat  capacity  and  density.  For  other  concerns,  like  the  thermal  vessel  design,  the  
thermal   volume   expansion,   the   boiling   point   and   the   surface   tension   may   be   relevant   properties   to  
consider  (Mazzotti,  2013).    
There   are   many   secondary   refrigerants   to   choose   from   but   in   ice   rink   applications,   CaCl 2   has   been  
dominating   at   least   the   Swedish   market.   Due   to   corrosion   issues,   some   markets   prefer   to   go   in   the  
direction  of  ethylene  glycol,  EG,  which  is  easier  to  handle  but  has  less  favorable  properties.  A  rather  new  
candidate  in  this  context,  that  has  attracted  some  interest  lately,  is  ammonia-water.  
  
Table  1.  Properties  of  different  secondary  refrigerants  at  -10°C,  freezing  point  -20°C  (SecCool)  

  

-  

Dynamic  
Viscosity  (cP)  

Conductivity  
(W.m-1K-1)  

Specific  heat  
(kJ.kg-1K-1)  

H2O  +  CaCl2  

4.523  

0.5293  

2.984  

H20  +  EG  
H2O  +  NH3  
CO2  

8.024  
2.754  
0.1097  

0.4148  
0.4591  
0.122  

3.487  
4.241  
2.241  

Density  
(kg.m-3)  
1199  
1058  
954  
983  

Table   1   lists   the   thermophysical   properties   of   4   candidates   where   CaCl2   represents   the   traditional  
solution   with   inherent   drawbacks   such   as   corrosivity,   and   still   requiring   a   rather   high   pumping   power.  
Ammonia-water  has  similar  or  better  properties  across  the  range  and  is  therefore  considered  a  better  
candidate  with  lower  required  pump  power  and  better  heat  transfer  properties.  
2.4.  Secondary  Refrigerants  Performance  Comparison  
Mazzotti   2013   evaluated   the   performance   of   different   secondary   refrigerant   in   an   ice   rink   application  
using  typical  pipe  geometries,  pumps  and  heat  exchangers.  To  illustrate  the  relative  impact  of  the  heat  
transfer   properties   and   the   resulting   convection   temperature   difference   in   the   pipes   vs.   the   rink   floor,  
Mazzotti  produced  the  graph  below.  This  analysis  is  carried  out  with  the  following  assumptions:  cooling  
capacity  150  kW,  DtSR  1.5  K  and  freezing  point  -30°C.  It  is  shown  in  Fig.  3  that  EG  almost  always  remain  
in  the  laminar  flow  regime,  even  for  higher  loads  and  lower  temperature  difference.  This  also  highlights  
the  poor  heat  transfer  properties  associated  with  the  laminar  flow.  Indeed,  all  secondary  fluids  presenting  
a  large  convection  share  are  in  the  laminar  flow  regime,  for  these  conditions.  As  shown,  PG,  EG,  EA  and  
K-acetate  have  a  much  higher  ice/secondary  fluid  temperature  difference  than  CaCl2,  NH3  and  K-formate  
which  are  in  turbulent  flow  range.    
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Figure  3:  Temperature  differences  (CC  =  150  kW;;  Fp  =  -30  °C;;  ΔT  =  1,5  K;;  Tice  =  -3,5  °C)  (Mazzotti,  2013)  

Fig.  4  shows  the  pumping  power  for  the  chosen  secondary  refrigerants  versus  their  average  operational  
temperature.  This  analysis  is  carried  out  with  the  following  assumptions:  cooling  capacity  200  kW,  Dt  =  
2  K  and  freezing  point  -30°C.  Ammonia  water  has  low  pressure  drop  and  the  lowest  pumping  power.  The  
pumping  power  is  varying  between  2  and  7  kW  which  is  rather  low  due  to  the  fact  that  the  assumption  of  
variable  speed  pump  was  made.  Once  again,  the  discontinuities  that  may  be  observed  in  the  curves  are  
due  to  the  flow  regime  change.  The  laminar  flow  may  lead  to  lower  pumping  power  than  turbulent  flow  
but  on  the  other  hand  the  heat  transfer  coefficients  decrease  radically.    
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Figure  4  Pumping  power  versus  Tav  (CC  =  200  kW;;  Fp  =  -30  °C;;  ΔT  =  2  K)  (Mazzotti,  2013)  

Provided  the  thermophysical  properties  and  their  impact  on  the  energy  usage  it  can  be  concluded  that  
ammonia  water  has  a  significant  advantage.  Firstly,  the  heat  transfer  properties  which  contribute  to  a  
smaller  heat  transfer  temperature  differences  will  increase  the  evaporation  temperatures  compared  to  
the  traditional  ice  rink  fluids.  The  total  gain  in  the  rink  pipes  may  be  about  1  K.  Secondly,  the  pump  power  
may  be  significantly  reduced,  and  the  Fig.  4  above  shows  a  reduction  compared  to  EG  with  54%  (NH3;;  
2.6  kW  vs  EG;;  5.6  kW).  Overall  these  theoretical  results  support  and  explains  the  good  practical  results  
obtained  with  ammonia  water  in  the  field.    
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3.  AMMONIA  WATER  MARKET  DEVELOPMENT  
The   Swedish   ice   rink   market   has,   as   far   as   secondary   refrigerants   is   concerned,   been   dominated   by  
calcium      chloride.  A  few  other  alternatives  have  been  tested  like  Freezium  (potassium  formate)  or  Tyfoxit  
(potassium  acetate),  which  have  similar  or  slightly  better  properties  than  CaCl2.  They  all  have  in  common  
that   they   are   highly   corrosive   and   CaCl2   to   the   extent   that   it   requires   titanium   alloy   in   the   evaporator  
which  drives  the  cost.  Ethylene  glycol  has  never  gained  traction  in  Swedish  permanent  ice  rinks  which  is  
probably  due  to  it  poisonous  and  poorer  thermophysical  properties  -  especially  at  lower  temperatures.  
Having  that  said,  in  a  Swedish  perspective  CaCl2  is  the  main  reference  when  referring  to  properties  and  
potential  gain  with  alternatives    
3.1.  Early  Swedish  Ammonia  Water  Installations  
The  first  ammonia  water  installation  in  a  Swedish  ice  rink  was  done  already  in  2007  in  the  Nittorp  ice  
rink.  This  project  was  well  documented  in  an  article  by  Bache  &  Stenhede  (2008).  The  existing  steel  pipe  
was   originally   designed   for   DX   ammonia   and   thus   had   way   too   small   diameter   (½”   pipes).   Since   the  
system   was   converted   from   DX   ammonia   to   CaCl2   in   1985   it   had   suffered   problems   related   to   flow  
distribution  problems  which  is  obvious  given  the  small  pipe  diameter.  After  the  retrofit  to  ammonia  water  
the  freezing  process  was  reported  to  work  significantly  better  and  the  pump  speed  could  be  reduced.  
Unfortunately,   there   was   no   energy   measurement   carried   out   on   the   pumps   before   and   after.   Since  
ammonia   water   is   a   very   good   cleaning   solution   there   was   plenty   of   sludge   found   in   the   filters.   No  
corrosion  problems  with  pumps  or  pipes  has  been  experienced.  This  system  is  still  in  operation  in  2019.  
Asplund  (2011)  presented  experiences  from  the  retrofit  of  the  indoor  ice  rink  Pinbackshallen  which  was  
retrofitted   from   CaCl2   to   ammonia   water.   As   an   argument   for   the   retrofit   Asplund   emphasized   the  
potential  issues  with  CaCl2  such  as  corrosion  and  occasional  foaming  which  blocks  the  pipes  and  causes  
uneven   flow.   After   the   retrofit   he   reported   vast   amounts   of   dirt   which   called   for   frequent   filter  
replacement/cleaning.   The   ammonia   water   system   appeared   to   be   easier   to   de-air   compared   to   the  
previously  used  CaCl2  although  the  pipework  was  exactly  the  same.  Due  to  the  cleaning  properties  of  
the  ammonia  water  the  heat  transfer  seemed  to  be  improved.  On  average  the  evaporation  temperature  
was   1.5   K   higher   after   the   retrofit   which   resulted   in   a   4.8%   reduced   average   motor   power   to   the  
compressors.  This  saved  19  670  kWh  during  the  first  season  of  operation.    
3.2.  Ammonia  Water  Ice  Rink  Installations  in  Sweden  
As  reported  above  the  first  ice  rink  installation  with  ammonia  water  in  Sweden  took  place  in  2007  and  in  
2018  there  are  at  least  34  installations  in  indoor  ice  hockey  ice  rinks.  There  are  even  more  installations  
when  other  ice  arenas  and  outdoor  rinks  are  included  but  the  numbers  are  not  fully  known.  As  can  be  
seen  below  the  total  number  indoor  ice  hockey  rinks  in  Sweden  is  today  about  368.  Most  of  these  still  
use   us   CaCl2   but   the   trend   is   clearly   going   direction   CO2   and   ammonia-water   with   6   respectively   34  
installations  each.  Most  likely  the  number  of  ammonia  water  installations  is  even  higher,  but  these  are  
the  ones  publicly  known.    
6,	
  2%

34,	
  9%

CO2
Ammonia-‐water
Others
328,	
  89%

  
Figure  5:  Installed  secondary  refrigerants  in  Swedish  indoor  ice  hockey  rinks  

The  reason  why  the  number  of  installations  is  growing  rapidly  is  primarily  the  good  experience  from  the  
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first  installations  reported  above.  Also,  the  mentioned  issues  with  CaCl2  has  motivated  the  market  to  look  
at  alternatives,  and  ammonia-water  does  offer  practical  advantages  as  well  as  disadvantages.  A  further  
reason  is  the  rapid  growth  in  using  CO2  as  primary  refrigerant  (Rogstam  et  al.,  2017).  To  use  CO2  as  
refrigerant  with  its  high  operating  pressures  in  combination  with  a  titanium  alloy  evaporator  drives  the  
cost   of   the   evaporator   and   consequently   of   the   whole   unit.   If   ammonia   water   is   being   used,   normal  
stainless  steel  can  be  used  in  the  evaporator  thus  saving  ±10  000  Euro.  This  cost  offsets  the  secondary  
refrigerant   retrofit   cost   which   is   of   the   same   order   of   magnitude   –   typically   10   000   –   20   000   Euro.  
Consequently,  the  retrofit  is  “paid”  by  the  cheaper  evaporator  and  then  the  system  has  half  the  pump  
power  for  the  rest  of  its  technical  life.  

4.  FIELD  MEASUREMENTS  AND  RESULTS  
Although   there   are   quite   a   few   systems   in   operation   it   is   challenging   to   come   across   quality   field  
measurement  data.  The  aim  of  this  study  was  to  present  data  on  a  similar  format  like  the  reference  data  
in  section  1.  For  the  time  being  there  were  only  two  installations  available  with  comparable  data  but  there  
should  come  up  more  soon.  The  ice  rinks  in  Table  2  are  both  refrigeration  units  using  CO2  as  primary  
refrigerant  and  ammonia  water  as  secondary  refrigerant.  Ice  rink  1  has  been  in  operation  for  about  two  
years  and  it  is  a  semi  enclosed  hockey  rink  with  three  walls  and  a  roof.  Ice  rink  2  is  now  on  its  fourth  
season   and   it   includes   an   indoor   hockey   rink   and   a   curling   rink.   Due   to   the   two   ice   sheets   it   has   a  
somewhat  longer  and  more  complex  supply  arrangement  than  normal,  which  may  explain  the  slightly  
higher   pump   work.   Both   systems   have   Dt-control   on   the   pumps   which   is   typically   set   to   2-3   K.   If   the  
compressors  stop  the  pumps  will  continue  operating  as  lowest  possible  speed.    
Table  2.  Refrigeration  system  energy  data  from  two  ice  rinks    

-  
Unit  
Ice  rink  1  
Ice  rink  2  
  

Compressors  
kWh  
%  
302  460   97.7%  
934  822   95.4%  

Gas  cooler  
kWh  
%  
3  491  
1.1%  
14  393  
1.5%  

NH3-Water  Pump  
kWh  
%  
3  638  
1.2%  
31  031  
3.2%  

When  looking  into  the  details  to  compare  with  the  reference  data  in  section  1  there  are  some  differences  
to  consider.  These  CO2  systems  operate  in  heat  recovery  mode  most  of  the  time  which  increases  the  
compressor  energy  usage  and  reduces  the  gas  cooler  fan  energy.  The  latter  since  the  rejected  heat  is  
to   a   large   extent   recovered   and   does   not   require   much   work   by   the   gas   cooler   fans.   This,   however,  
makes  the  compressor  energy  a  larger  share  in  these  systems  compared  to  ones  which  does  not  operate  
with   elevated   head   pressure   for   heat   recovery   reasons.   Consequently,   the   pump   share   will   become  
smaller,  but  nevertheless  it  can  be  concluded  that  the  pump  energy  share  for  ice  rinks  1  and  2  is  very  
low.  Table  2  suggests  that  for  it  is  only  between  1.2  and  3.2%,  whereas  the  reference  systems  from  2010  
used  about  10%  of  the  total  refrigeration  system  energy  for  secondary  refrigerant  distribution.    

5.  CONCLUSIONS  
Ice  rink  refrigeration  systems  are  often  designed  as  indirect  systems  to  reduce  the  refrigerant  charge.  
Therefore,   these   systems   require   a   secondary   refrigerant   which   inevitably   will   impose   an   extra  
temperature   difference   and   require   pump   energy.   The   associated   pumping   energy   in   practice   use   to  
correspond  to  10-20%  of  the  total  refrigeration  system  energy  usage  depending  on  fluid  used  and  pump  
control  strategy.  Aqueous  solutions  with  ethylene  glycol  or  different  kind  of  salts  are  the  most  commonly  
used  fluids  in  ice  rinks.    Especially  ethylene  glycol  has  less  favourable  thermophysical  properties  implying  
a  high  pump  power  demand.  In  Sweden  there  is  a  growing  interest  in  using  ammonia-water  as  secondary  
refrigerant  in  ice  rinks  for  both  new  construction  and  retrofit  projects.    
This  is  an  environmentally  friendly  and  very  energy  efficient  fluid  which  offers  low  corrosivity  and  very  
low  pumping  power.  Material  compatibility  and  safety  must  be  considered  when  designing  the  systems.  
Aqua  ammonia  theoretically  uses  55%  less  pumping  power  compared  with  ethylene  glycol  at  -10°C  fluid  
temperature.   Current   field   measurements   show   that   systems   using   aqua   ammonia   may   reduce   the  
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pumping  power  as  a  share  of  in  the  total  refrigeration  system  energy  usage  to  1-3%.  Reference  systems  
which  are  about  10  years  old  using  calcium  chloride  would  use  about  10%  of  the  total  refrigeration  system  
energy.    
In  Sweden  the  first  rink  floor  system  was  retrofitted  to  ammonia  water  in  2007  and  it  is  still  in  operation  
with   good   results.   Experiences   from   retrofits   in   general   reports   a   significant   cleaning   effect   with   vast  
amounts  of  dirt  coming  out  of  the  system  requiring  good  filter  arrangements.  As  a  result,  the  improved  
the   heat   transfer   has   increased   the   evaporation   temperature.   This   will   contribute   to   energy   savings  
through  better  operating  conditions  and  lower  pump  power.  Today  there  are  34  of  indoor  hockey  rinks  
using  aqua  ammonia  and  continues  to  grow  rapidly.  One  reason  being  the  increasing  interest  for  CO2  
as  primary  refrigerant  which  benefit  due  to  a  ±10  000  Euro  lower  evaporator  cost  when  aqua  ammonia  
is  used  as  secondary  refrigerant.    

NOMENCLATURE  

COP  
Coefficient  of  performance  (-)  
Cooling  capacity  (kW)  
Qc  
CaCl2  
Calcium  chloride  
EA  
Ethyl  Alcohol  
K-acetate  Potassium  acetate  
Fp  
Freezing  point  (°C)  
Temperature  difference  (K)  
DtSR  

NH3  
Ammonia  (-water)  
CO2  
Carbon  dioxide  
EG  
Ethylene  Glycol  
PG  
Propylene  glycol  
K-formate  Potassium  formate  
Pump  power  (kW)  
Ep  
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ABSTRACT
The US Department of Energy (DOE) Building Technology Office (BTO) and the Air-conditioning,
Heating & Refrigeration Technology Institute (AHRTI) are sponsoring an experimental study of
refrigerant leak characteristics. The objectives are to conduct refrigerant leak tests on several
heating, ventilating, air conditioning and refrigeration (HVAC&R) systems under operating conditions
representative of actual applications to document the pressure decay rate and the mass flow rate of
leaked refrigerant as a function of time. Another aspect of the study was to formulate and document
a procedure for estimating the quality (vapor versus liquid) of the leaking refrigerant and oil escaping
from the high- and low-pressure sides with the unit energized and with the unit turned off. Refrigerant
quality was estimated by tracking total system weight of a packaged air-conditioning (AC) unit and
the total weight of a large container used to capture the refrigerant leakage escaping the packaged
unit.

1. INTRODUCTION
The Montréal Protocol established refrigerant guidelines because of the damaging effect of
chlorofluorocarbons (CFCs) and hydrochlorofluorocarbons (HCFCs) on stratospheric ozone. CFCs
were phased out in 2010, and directives are in effect to eliminate the use of HCFCs by 2030.
Hydrofluorocarbons (HFCs) like R-410A and R-134a were suitable alternatives to HCFCs for many
HVAC&R applications but have relatively high global warming potentials (GWP). Low-GWP HFCs,
hydrofluoroolefins (HFO), hydrochlorofluoroolefins (HCFO), hydrocarbons (HC), ammonia (R-717),
CO2 (R-744), or blends containing low-GWP HFCs with lower GWP are promising alternatives.
However, most of the lower toxicity (class A) low-GWP alternatives have some degree of flammability
according to Addendum g to ANSI/ASHRAE 34 (2016) and ISO 817:2014.
Walter (2000) and Walter et al. (2002) reported that in the United States, codes and regulations
prohibit the use of flammable refrigerants in occupied spaces because of the safety need to protect
building occupants. Therefore, the goal of our exploratory study was to determine the refrigerant
quality of a leak. If the leak has a low-quality (predominantly liquid) then there is indeed a safety
concern because of the liquid pooling of a highly concentrated volatile and flammable refrigerant. If
the leak has a high-quality then as a vapor leak the refrigerant will disperse rapidly and pose less
threat for the occurrence of an uncontrolled and unwanted fire.

2. PRELIMINARY PROOF OF CONCEPT TESTS
Preliminary tests were conducted to help formulate and validate a testing procedure and an algorithm
for estimating the quality of a refrigerant leak. A refrigerant charging cylinder containing R-134a
served as the refrigerant source. A 1.041 m3 (275-gallon) capacity, rigid plastic tank container held
This manuscript has been authored by UT-Battelle, LLC under Contract No. DE-AC05-00OR22725 with the U.S. Department of
Energy. The United States Government retains and the publisher, by accepting the article for publication, acknowledges that the United
States Government retains a non-exclusive, paid-up, irrevocable, world-wide license to publish or reproduce the published form of this
manuscript, or allow others to do so, for United States Government purposes. The Department of Energy will provide public access to
these results of federally sponsored research in accordance with the DOE Public Access Plan (http://energy.gov/downloads/doe-publicaccess-plan).
1
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the leaked refrigerant while maintaining near atmospheric pressure. The container was instrumented
with temperature and pressure sensors. Type T copper-constantan thermocouples were used to
measure the refrigerant temperatures at several locations in the container. A sensor was placed midheight in the container directly in line with the 1 mm orifice used to spray leaked refrigerant in the
container. Other thermocouples were also placed mid-height to the left and right side and to the back
of the container. These 4 measures were averaged to yield a bulk refrigerant temperature inside the
container. Another thermocouple was placed on the container floor for detecting liquid refrigerant
that might pool if the leak were primarily liquid. Two absolute pressure transducers were installed on
the container. One measured the absolute pressure of the container and had a pressure
measurement range of 0 to 344.7 kPa (0 to 50 psia). The second measured refrigerant pressure
upstream the 1 mm orifice, sensing pressure for both high-side and low-side leaks and had a
pressure measurement range of 0 to 3447.4 kPa (0 to 500 psia). A video device was used to observe
the leak flow leaving the 1 mm diameter orifice. A flexible elastomeric thermal insulation was
attached to all exterior surfaces of the container to retard heat gain and prevent condensation of
water vapor in air near the exterior surfaces of the container. The refrigerant charging cylinder was
placed on an electronic weigh scale to measure the amount of refrigerant manually leaked into the
container for a leak flow rate of 0.5 g-s-1 (4 lb-h-1). Calculation of the refrigerant enthalpy upstream
the needle valve was based on computed P-v-T relations for the mixture of air, an ideal gas, and for
R-134a, a real gas captured by the container. A refrigerant quality in the container was also
computed from the mass of captured air and R-134a and P-v-T relationships to estimate the amounts
of leaked liquid and vapor. An energy balance for flow entering the container was used to compute
the enthalpy upstream the needle valve. The computed enthalpy is compared to the saturated liquid
and vapor enthalpy of refrigerant in the weigh cylinder, Fig. 1. The results show that the computed
enthalpy based on P-v-T relationships for the container and a 1st Law energy balance is consistent
with thermodynamic principals for constant enthalpy (isenthalpic) flow.

Figure 1: Leak quality estimates (in plastic container and refrigerant cylinder) for 0.5 g/s leak
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The refrigerant enthalpy in the container falls between the saturated vapor and saturated liquid states
in the refrigerant cylinder, which is consistent with an isenthalpic throttling process. Visual inspection
of the leak showed it to start as a high-pressure vapor flow which transitioned more to a sputtering
two-phase liquid and vapor flow. The data was reduced further for computing the refrigerant quality
[x(t)ref] upstream the leak near the refrigerant cylinder, Fig. 2. At leak start the quality of the refrigerant
is high, near a value of one, and gradually drops over the 1800 s duration of the test. There is also
seen an overall increase in the quality of refrigerant within the container. For this test, liquid
refrigerant was observed pooled on the bottom of the container. Measurement of the pooled liquid
would be difficult. Therefore, an alternative approach using computed partial pressure of refrigerant
and air was attempted for estimating the amount of saturated liquid refrigerant and vapor
accumulating in the container. The computation for internal energy change in the container was
based on quality estimates in the container, and bulk refrigerant temperature and pressure in the
container. The enthalpy entering the container was computed from an energy balance for the
enclosed container. The overall pressure of the plastic container rose slightly from 98.6 to 99.97
MPa (14.3 to 14.5 psia) over the 1800 s test period. Therefore, the results were promising enough
to attempt additional tests on a packaged 17.6 kW (5-ton) rooftop AC unit (RTU).

Figure 2: Leak quality estimates (in plastic container and refrigerant cylinder) for 0.5 g/s leak

3. FORMULATION AND VALIDATION OF PROCEDURE
The RTU used here is the same unit tested by Patel et al (2019) and testing followed the logic used
by Baxter et al (2019). Therefore, the existing setup and the existing manifold for liquid and suction
lines at the evaporator were used as reported by Baxter et al. (2019). The exception being that
refrigerant released from the RTU was captured inside the rigid plastic tank container rather then
released to the surrounding ambient, Fig. 3. Also, a smaller orifice of 1 mm was used to allow more
time to observe the leakage of R-410A refrigerant while limiting the pressure increase in the 1.041
m3 container. It was important to maintain near atmospheric pressure in the container to best
simulate a leak to the surrounding ambient. Leaks were initiated on the high-side (liquid line
upstream expansion valve) and on the low-side (vapor line between evaporator and compressor
suction). Leaking refrigerant from the low-side yielded a refrigerant quality of 1 for tests with the unit
running. The refrigerant leaving the evaporator is superheated vapor and a reduction in refrigerant
pressure across the orifice would cause the refrigerant state to remain outside and to the lower right
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side of the saturated refrigerant dome for R-410A. Therefore, the leak would remain a vapor with a
quality of 1.

Figure 3: Schematic illustrating the setup for high- and low-side refrigerant leaks from the RTU into
the 1.041 m3 container.
Quality tests used two high-precision floor weight scales to record the total mass of the RTU test unit
and the plastic container as function of time during a refrigerant leakage. The change in mass was
correlated directly with the movement of refrigerant. Baxter et al (2019) provides relevant
specifications for the scales. The “outdoor unit” scale was used to weigh the RTU. The “indoor unit”
scale was used to weigh the rigid plastic container.
A vacuum pump was attached to the plastic container to remove any R-410A from previous testing
and to bring the container pressure down to slightly below atmospheric pressure; surrounding
atmospheric pressure being about 98.6 kPa (14.3 psia). Afterwards, the vacuum pump was shut-off
from the container by closing a ball valve.
3.1

Formulation of Algorithm and Testing Procedure

The RTU was operated in the environmental chambers under steady-state conditions for about 30
min and was then de-energized prior to the release of a high-side refrigerant leak. About 90 s passed
to allow the weigh scales to steady before opening the leak port (air actuated valve, Fig. 3). Note
that several seconds of container pressure and bulk temperature data were used after the RTU deenergized and the leak not energized to compute the mass of air held by the container. The mass of
air remained fixed during the leakage period. The number of moles of air were computed and added
to the number of moles of R-410A as it leaked into the container. On command, the data acquisition
system (DAS) initiated the leak and monitored all data at a 0.1 s interval. Over the leak interval the
weigh scale for the RTU showed a refrigerant loss of 0.73 kg (1.6 lb) while the container weight scale
showed a refrigerant gain of 0.82 kg (1.8 lb), Fig. 4. The difference is most likely due to differing
thrust effects on the scale readings. The weight measure used to compute quality estimates differed
depending on the operating state of the RTU. If the RTU was on, the container measurement was
felt to be more accurate (less subject to thrust noise). Some thrust effect is transmitted across the
flexible leak line attached to the container. However, with the RTU off, and the blowers to the
environmental chamber off the RTU scale was felt to be more accurate so it was used.
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Figure 4: Container (red & green lines) and RTU (blue & purple lines) weights measured during
refrigerant leaking from the high-side with the RTU deenergized 90 s after operating under steadystate conditions

Both Dalton’s Law of Additive pressures and Amagat’s law of additive volumes (Moran and Shapiro,
1992) were used with the molar mass fraction to compute the partial pressures and partial volumes
of R-410A and air in the container. Given these values the bulk density of R-410A was computed
from Equation 1 as:
𝜌̅𝑟𝑒𝑓 =
where:
𝑦𝑟𝑒𝑓 =

𝑚𝑟𝑒𝑓

Eq. (1)

[𝑦𝑟𝑒𝑓 ∙𝑉𝑜𝑙𝑐𝑜𝑛𝑡 ]

𝜂𝑟𝑒𝑓
𝜂𝑟𝑒𝑓 + 𝜂𝑎𝑖𝑟

is the mole fraction of refrigerant in the refrigerant and air mixture. A relationship derived by Miller
(1987) was used for the quality of refrigerant in the container which takes the form:
𝑥(𝑡)𝑐𝑜𝑛𝑡 = (𝜌

𝜌𝑣

𝑣 −𝜌𝐿 )

𝜌𝑣
𝜌
[ 𝐿 ]
𝜌𝑟𝑒𝑓 𝜌𝑣 −𝜌𝐿

−̅

Eq. (2)

If the saturated liquid density is much greater than the saturated vapor density, then to first order the
𝜌
quality simplifies to: 𝑥(𝑡)𝑐𝑜𝑛𝑡 = 𝜌̅ 𝑣 . Calculation of the container quality (Eq. 2) allows one to estimate
𝑟𝑒𝑓

the liquid and vapor content of the refrigerant released through the orifice. Measuring the amount of
liquid pooling on the bottom of the container is too difficult and intrusive on the container and most
likely leading to greater error than observed using Eq. 2. The approach using the quality in the
container was selected because of its simplicity leading hopefully to better accuracy of the quality
estimate. Next an energy balance for the container was formulated much like the charging of a
vessel.
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The balance takes the form:
ℎ𝐿𝑒𝑎𝑘 =

(𝑈)2 −(𝑈)1
(𝑚2 −𝑚1 )

𝑄̇ ∙∆𝑡
2 −𝑚1 )

Eq. (3)

− (𝑚 𝑐𝑣

where:

internal energy U1 at time t

𝑈1 = [𝑚𝑓 𝑣𝑎𝑝 ∙ 𝑢𝑣𝑎𝑝 + 𝑚𝑓 𝑙𝑖𝑞 ∙ 𝑢𝑙𝑖𝑞 ]

internal energy U2 at time t+dt

𝑈2 = [𝑚𝑓 𝑣𝑎𝑝 ∙ 𝑢𝑣𝑎𝑝 + 𝑚𝑓 𝑙𝑖𝑞 ∙ 𝑢𝑙𝑖𝑞 ]
2
𝑚1
𝑚2
𝑄̇𝑐𝑣 = 𝑚̇𝑟𝑒𝑓 ∙ ℎ𝑓𝑔
𝑚2 − 𝑚1
𝑚̇𝑟𝑒𝑓 =
∆𝑡

1

mass of refrigerant in container at time t
mass of refrigerant in container at time t+dt
heat transfer due to flashing of refrigerant
mass flow of refrigerant entering container

The throttling process is assumed isenthalpic with minimal heat loss across the orifice and therefore
the enthalpy hLeak represents the enthalpy upstream the throttle. It can be used in Equation 4 to
compute the quality of the refrigerant as:
𝑥(𝑡)𝑟𝑒𝑓 =
where:
ℎ𝑠𝑎𝑡 𝑙𝑖𝑞
ℎ𝑓𝑔

[ℎ𝐿𝑒𝑎𝑘 −ℎ𝑠𝑎𝑡 𝑙𝑖𝑞 ]
ℎ𝑓𝑔

Eq. (4)

enthalpy based on pressure of R-410A measured in the RTU
change in enthalpy saturated vapor to saturated liquid based on pressure in the RTU

Computations using Eqs. 1 through 4 are displayed in Fig. 5. Refrigerant weight measurement for
this test came from the RTU scale because the unit was powered off and there was some thrust
effect being transmitted across the flexible leak line to the container. The leakage line has about
0.914 m (3 ft) of travel from the RTU’s evaporator coil to the 1 mm orifice in the container. This line
is open to the atmosphere of the container until the solenoid energizes and allows the flow of
refrigerant through the line to the orifice. Quality starts at 1 (all vapor) but within 1 s drops to 0.8 and
in less than a min becomes all liquid (i.e., quality of 0).
As the leak progressed the container pressure was closely monitored so that the container would
not exceed atmospheric conditions. A pressure relief valve on the container was set at 110 kPa (16
psia) as a safety. Baxter et al (2019) shows the change in container pressure caused by a refrigerant
leak introduced from the high-side with the RTU running. The container pressure rose from 100 to
107.4 kPa (14.5 to 15.6 psia). After the solenoid valve closed, the container pressure remained
steady for about 3 min showing the container leak tight.
Testing continued with refrigerant again leaked from the high-side of the RTU. However, for this test
the RTU remained energized. Quality estimates were similar for a high-side leak whether the RTU
was on or off. Fig. 6 shows the weights and redistribution of refrigerant once the leak is initiated with
the RTU running. After about 60 s of refrigerant leakage the compressor started to cycle on/off as
low-side pressure dropped. A low-side pressure switch stopped the unit, but the compressor and
condenser fan attempted to restart as observed in Fig. 6. The weight of the container was not
affected by the cycling and allowed some measure of quality.
The refrigerant quality starts at 1 but drops within seconds as liquid refrigerant is released from the
high-side liquid line. Within about 35 s the quality drops from 1 to 0 as liquid refrigerant fills the leak
line and is released into the container, Fig. 7. As stated earlier, similar quality trends occur for
leakage from the high-side with the unit turned off. During the test the container pressure rose from
100 kPa to 107 kPa and remained constant for the duration of the test showing the container to be
leak tight.
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Figure 5: Refrigerant quality computed upstream the orifice during refrigerant leaking from the highside with the RTU de-energized

Figure 6: RTU (blue & purple lines) and container (red & green lines) weights showing the movement
of refrigerant during the high-side leak with the unit running
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Figure 7: Leak quality estimates for high-side tests of the RTU running at steady-state.

Table 1 lists a brief synopsis of results for the quality estimation tests. The “Total Pressure Drop”
columns in Table 1 represent the change in high-side pressure (drop) and low-side pressure (rise)
inside the unit during the refrigerant release period. A leak orifice diameter of ~1mm was used to
prevent pressure inside the container from rising too quickly during the test.
Table 1. Salient results of quality estimation test

Test

Lowside,Off
Lowside,On
Highside,Off
Highside,On

Leak
period
sec

Total pressure
change in RTU
HighLow-side
side drop
rise
kPa
kPa

Container
pressure at
end of
leakage
kPa

Cont. R410A
weight
increase
kg

RTU R410A
weight
decrease
kg

Leak
quality
0 to 1

180

1452.9

793.5

101.94

0.49

0.65

~0.85

180

124.2

270.2

100.36

0.22

0.36

1.0

112.6

1375.6

363.4

107.44

0.82

0.73

140.0

2116.9

383.5

106.9

0.75

0.85
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4. CONCLUSIONS
A testing procedure was developed, and an algorithm formulated that estimates the quality of a
refrigerant leak upstream the point of leakage. Tests conducted on a 17.6 kW rooftop AC unit
operating under conventional ambient conditions and with ~1mm diameter leak orifice showed the
following results:
Low-side leak, unit on
Vapor leak, quality (x) = 1
Low-side leak, unit off
Two-phase leak, x ~0.85
High-side leak, unit on
Leak quality drops from 1 to 0 in ~35s
High-side leak, unit off
Leak quality drops from 1 to 0 in ~55s
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ABSTRACT
The Heating, Ventilation, Air-Conditioning and Refrigeration (HVAC&R) industry is currently
transitioning away from high global warming potential (GWP) hydrofluorocarbon (HFC) refrigerants.
However, many lower-GWP alternatives are flammable. Current safety codes restrict use of all
flammable refrigerants; revision of the codes is needed to facilitate wider use of flammable
alternatives. Hence, information is needed to enable reliable estimates of safe charge limits for
flammable refrigerant options for different HVAC&R applications. A reduced-order model (ROM) was
developed and validated to help estimate safe charge limits based on computational fluid dynamics
(CFD) simulations of refrigerant releases in a single room for a range of parameters. Validation of
the ROM vs. the CFD results showed good general agreement for mean refrigerant concentration.
The normalized mean bias error (NMBE) was 0.67% with a maximum error of 15%.
Keywords: Refrigerants, Flammable, lower-GWP, Charge Limits

1. INTRODUCTION
The HVAC&R industry is working to move to lower-GWP refrigerants. Proposed lower-GWP
refrigerants include hydrocarbons (HC, e.g., propane (R-290)), ammonia (R-717), CO2 (R-744),
hydrofluoroolefins (HFO), or blends of low-GWP HFCs with other low-GWP fluids. Most of the viable
alternatives are flammable to some degree according to Addendum g to ASHRAE standard 34
(2016) and ISO standard 817 (2014), which designate toxicity and flammability of refrigerants as
follows:
Table 1. Safety classification of refrigerants as outlined in ISO 817 and ASHRAE 34

Higher flammability
Flammable
Lower flammability
No flame
propagation

Safety group
A3
B3
A2
B2
A2L
B2L
A1

B1

Lower
toxicity

Higher
toxicity

Refrigerant flammability introduces challenges that are centered around deflagration risk. Standards
have been developed to systematically set maximum allowable refrigerant charges to ensure safety
in case of refrigerant leakage (i.e. the International Electrotechnical Commission (IEC) standard IEC
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(2016), Underwriter’s Laboratories (2017)). These standards were based on numerical analyses of
refrigerant leakage into confined spaces as well as risk analyses of associated ignition events. A2L
refrigerants are treated at the same risk level as those in the A2 category in many standards (and
the same as A3 refrigerants in some). Therefore, there is a need to revise the relevant safety
standards and codes to facilitate wider use of flammable low-GWP A2L refrigerant. However, the
bodies responsible for maintaining and updating these standards and codes must have credible,
publicly available, science-based knowledge about the safe use of these refrigerants. In 2016, Oak
Ridge National Laboratory (ORNL) began a project to investigate a systematic approach to setting
safe charge size limits for various types of equipment employing flammable refrigerants. The primary
objective of the project was to develop a reduced-order model (ROM) that correlates various
information regarding the evolution of refrigerant concentration in a room to the most significant
parameters of an application. The ROM was developed using a Computational Fluid Dynamics
(CFD) campaign.
The ROM is intended to be simple tool that can provide a quick estimate of refrigerant concentration
evolution based on the CFD parametric study. The study focuses on refrigerant releases in a single
room for a range of parameters including refrigerant type, refrigerant release rate, quantity, release
height, outdoor air ventilation rate, and room floor area.

2. ROM DEVELOPMENT APPROACH
The ROM is a multi-dimensional response fit of the CFD outputs of interest based on the input
parameters. Figure 1 shows the overall approach for developing the ROM.

Figure 1. ROM development workflow

2.1

Parameter Domain and Design of Experiments

The parameter domain includes all the independent variables that significantly affect the dispersion
of the released refrigerant into the room. For the purpose of developing the ROM, all releases were
assumed to be in vapor phase from a wall-mounted air conditioner (AC). The following eight
parameters were assumed to fully describe the evolution of the temporal and spatial distribution of
released refrigerant vapor into the room: AC indoor air fan (on or off), room size (volume), refrigerant
release height, room openings, ventilation rate, charge amount, release flow rate, and refrigerant
molecular weight.
Operation status of the unit fan during a refrigerant leak event has an extreme impact on how the
refrigerant enters, mixes within, and is dispersed into the room. With the fan on, refrigerant is more
readily mixed with the circulating air and more widely distributed throughout the room. With the fan
off, mixing and distribution is more heavily dependent on release flow rate. It was decided that
separate ROMs would be needed for the “fan on” and “fan off” cases. This paper describes only the
“fan off” ROM case; the “fan on” ROM will be covered in a subsequent publication. The room used
as the basis for the CFD simulations had a floorplan aspect ratio of 3:4 and a height of 2.44 m (8 ft)
as shown in Figure 2.
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Figure 2. Geometry of room used for ROM CFD simulations. Dimensions shown are for the smallest
room floorplan; one of five release locations from Table 2 shown

The Design of Experiments (DoE), and subsequently the regression analysis, were performed in
Tasmanian (Toolkit for Adaptive Stochastic Modeling And Non-Intrusive ApproximatioN) (Stoyanov
2018a, 2018b). Learnings from previous simulation efforts (Baxter et al, 2018) and results from a
small subset of initial simulations were used to obtain an estimate of the sensitivity and functionality
of the model response (as indicated by mean refrigerant concentration in the room) to each input
parameter. This information was used with the sparse grids sampling tools within Tasmanian to
determine the required number of sample points for each parameter as well as the functionality of
the fit. Table 2 summarizes the range and number of levels chosen for each parameter with additional
detail provided below. The resulting DoE contained 586 CFD cases.
Table 2. ROM parameters and their ranges

Parameter
#
1
2
3
4
5
6
7
8

Unit circulation fan
Room floorplan area
Leak release height
Room openings
Ventilation
Charge amount
Leak rate

Number of
levels
2 (discrete)
3
5
3
6
5
5

Molecular weight

5

Parameter

Levels
Off, On
5, 10, 20 m2
0, 0.616, 1.219, 1.822, 2.438 m
0.0116, 0.988, 1.964 m2
0, 1.0, 4.1, 8.2, 9.2, 16.3 m3/min
0.1, 3.825, 7.55, 11.275, 15 kg
1.875, 12.656, 23.43, 34.219, 45
kg/min
44, 69, 94, 119, 144 kg/kmole

2.2 CFD Model
A commercial software platform, CONVERGE, was used for the CFD simulations (Convergent
Science, 2018). To reduce computational requirements, the cases were set up to take advantage of
symmetry so that only half the domain needed to be modeled. Common simulation parameters used
for all simulated cases are listed in Table 3. An adaptive mesh refinement (AMR) tool was used to
allow for the use of a coarser base grid which is only refined in areas where high sub-grid property
gradients are predicted. Specifically, a cubic base grid of 0.1 m was used to model the room spaces,
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resulting in base mesh sizes of approximately 14,000, 30,000, and 54,000 cells for the three floor
areas. Whenever velocity or refrigerant concentration are predicted to vary across a cell by more
than the specified AMR sub-grid tolerances, CONVERGE will automatically sub-divide that cell into
smaller cells until either the tolerances are no longer exceeded, or the minimum cell size is reached.
This approach provides a more accurate tracking of the mixing front with less numerical diffusion
than the coarse mesh alone and less computational requirements than a refined mesh across the
full domain.
Table 3. CFD simulation setup parameters common to all cases

Equation of state
Ideal gas
Solver
Transient
Gas Flow Solver
Compressible
2
Body Force (m/s )
9.81
Turbulence Model
Standard 𝑘 − 𝜀
Pressure-Velocity Coupling Pressure implicit with splitting of operators (PISO)
Initial Time Step (s)
1×10-5
Minimum Time Step (s)
1×10-7
Maximum Time Step (s)
0.5
Total Simulation Time (s)
600
2.3 Outputs of Interest
Each CFD simulation produced an output file at every second of the simulation containing the
location, volume, composition, and thermophysical conditions (temperature, pressure, etc.) of every
computational cell in the model domain. For generation of the ROM, MATLAB (Mathworks, 2018)
scripts were used to extract the spatial and temporal concentration data for each cell from the raw
CFD results and to calculate the following 396 outputs of interest:
•
•

Refrigerant concentration: maximum and spatiotemporal mean across entire room plus min,
mean, and max temporal profiles at 5, 10, 20, 50, 100, 200, 300, 400, 500, and 600 seconds
Flammable volume fraction (FVF) and accumulated fuel volume fraction (AFV)
o FVF is the fraction of the total room volume that has a concentration between the LFL
and UFL at any time divided by the total volume of the room. FVF provides an
indication of the likelihood of an ignition event. Values range from 0 to 1.
o AFV is the fraction of the total room volume that has a concentration greater than the
LFL at any time divided by the total volume of the room. AFV provides an indication of
the severity of an ignition event. Values range from 0 to 1.
o The following statistics were calculated:
§ Temporal maximum and mean of FVF and AFV
§ Total time duration for some FVF and AFV
§ FVF and AFV temporal profile at 5, 10, 20, 50, 100, 200, 300, 400, 500, and
600 seconds

3. CONSTRUCTING THE ROM
The ROM was developed using the sparse grids approximation techniques implemented in
Tasmanian, specifically the hierarchical methods that use a linear piece-wise polynomial basis
(Stoyanov, 2018b). Given the complex CFD model and the set of input parameters with
corresponding ranges, Tasmanian was used to generate a grid that consists of combinations of
values for the inputs. CFD model simulations were performed with the corresponding inputs and the
results (outputs) of the simulation were then input to Tasmanian. The output data were analyzed and
compiled into a Tasmanian grid file that was used to infer model outputs for any arbitrary values of
the input parameters. The computational cost of this approximate (surrogate) model is negligible
compared to the full CFD — thus thousands of samples can be computed, and rigorous statistical
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analysis can be performed. Results of the initial test runs were analyzed to gain early insight to
impact of the input parameters on mean refrigerant concentration within the room. Based on this
information, a bias was introduced in the sparse grids construction, so that the final surrogate will
deliver more accurate results with the same number of full CFD model simulations. First, a nonlinear
transformation was used for the room height, ventilation rate, and leak height parameters; as a result,
more samples were collected for small room sizes and ventilation rates, and the leak heights. Then,
CFD simulations were performed with inputs from a sparse coarse grid and a subset of a much
denser grid. Performing all CFD simulations on the denser grid was prohibitively expensive, and the
subset was chosen with expert opinion, focusing on areas where the highest gradients in mean
refrigerant concentration were noted in the initial scoping runs. The CFD simulation data were then
projected on the entire denser grid using the least-squares method described by Stoyanov (2018b).
Effectively, the projection removed any missing or redundant points in the grid and minimized the
size of the Tasmanian grid file while preserving the accuracy of the surrogate model.

4. RESULTS
In constructing the ROM, Tasmanian minimizes the residual error at the sample points. The test of
its accuracy is determined by how well the fit predicts the response at points that lie between the
sample points. To provide an initial assessment of the ROM accuracy, 11 test cases, shown in Table
4, were run with both the CFD model and the ROM. The input values for these validation cases were
specifically chosen to align with parameter sweeps in the training data to evaluate the accuracy of
the ROM at locations between sample points where high sensitivity and higher-order functionality
were observed and largest errors might be expected.
Table 4. Input parameters for the test cases. The highlighted cells are values that were not used in
training the ROM

Case
number
1
2
3
4
5
6
7
8
9
10
11

Floor
area
m2
5
5
5
10
10
10
10
10
10
10
10

Leak
height
m
1.822
1.822
1.822
1.219
1.219
1.219
1.219
1.219
1.219
1.219
1.219

Open door
area
m2
0.0116
0.0116
0.0116
0.988
0.988
0.988
0.988
0.988
0.988
0.988
0.988

Ventilation
rate
m3/min
2.8
5.7
9.9
4.1
4.1
4.1
4.1
4.1
4.1
4.1
4.1

Total
charge
kg
15
15
15
7.55
7.55
1
5.5
7.55
7.55
7.55
7.55

Leak rate

MW

kg/min
1.875
1.875
1.875
23.43
23.43
23.43
23.43
4
6
8
28

kg/kmole
44
44
44
57
84
94
94
94
94
94
94

The ROM was found to do well predicting the mean refrigerant concentration vs. ventilation rate for
the 11 test cases. Figure 3 provides a qualitative measure of goodness of fit for five of the ROM
outputs (mean concentration at 20, 100, 200, 300, and 400 s). This figure includes CFD and ROM
results for test cases 1–3 which were chosen to coincide with areas of high sensitivity and higherorder functionality in the model response. The ROM agrees well with the CFD results for these
cases, capturing both the functionality and sensitivity of the output trends between sample points.
Quantitively, the absolute values of mean concentration show an NMBE of 0.67% but is relatively
high at some points, especially those at later times in the simulations (e.g., maximum error of 15%
occurring for the 20-s output value with a ventilation rate of 9.9 m3/min). Note: Figures 3 and 5-7
are all for the case of unit fan off, door closed, refrigerant with MW=44 kg/kmole, 15 kg charge
leaked at 1.875 kg/min from a location 1.822 m above room floor.
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Figure 3. Comparison of predicted mean refrigerant concentration with the CFD model (○) and ROM
(´) at three test points selected to fall within high sensitivity response regions with limited sampling
in CFD training cases (●).

The current ROM does less well at predicting many of the other target output parameters. For the
eleven test cases, the maximum absolute error in the maximum FVF was 1.32% and the maximum
absolute error in the duration of FVF was 205.64 seconds. The NMBE of those two outputs for the
eleven cases were 0.5% and 77.74 seconds, respectively. Figure 4 shows the NMBE of the
maximum refrigerant concentration in the space (% v/v) for all test cases for each of the 10 simulation
time steps that the ROM outputs. The maximum absolute error in the maximum refrigerant
concentration was 71% for case number 8.

Max concentration NMBE

35%
30%
25%
20%
15%
10%
5%
0%
5

10

20

50

100

200

300

400

500

600

Simulation time, seconds
Figure 4. NMBE of maximum refrigerant concentration in the room space at different simulation times

Figures 5-7 show the predicted outputs during a parametric sweep of ventilation rate for five of the
ROM output parameters: the temporally averaged FVF in the room, the duration with some FVF in
the room, and the spatially averaged FVF at 200, 300, and 400s (all calculated based on the
flammability range of R-32). Most of these output parameters show a high-order functionality with
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highest sensitivity occurring in the large sampling gap between 4.1 and 15.2 m3/min. As a result, the
ROM does a poor job predicting the outputs in those areas. The skewed distribution of sampling
points for the ventilation rate input parameter was chosen to capture the high sensitivity of mean
refrigerant concentration at low ventilation rates as shown in Figure 3; the ROM performs well for
this parameter. Similarly, the output variable for spatially averaged mean FVF at 200 s shows
greatest sensitivity at lower ventilation rates (Figure 7), and as a result the ROM also predicts this
parameter well. While this discussion has focused on differences in the response of the output
parameters to changes in ventilation rate, similar trends are observed for the other input parameters.

Figure 5. Comparison of predicted temporal mean of FVF using CFD model (○) and ROM (´) at three
test points falling between training samples (●).

Figure 6. Comparison of predicted FVF duration in the room using CFD model (○) and ROM (´) at
three test points falling between training samples (●).
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Figure 7. Comparison of predicted FVF at selected times using CFD model (○) and ROM (´) at three
test points falling between training samples (●).

5. CONCLUSIONS
The density of the sampling grid was intentionally skewed toward regions of the parameter space
where large gradients in mean refrigerant concentration were noted in the initial scoping study. As a
result, the ROM does a reasonable job in accurately predicting mean refrigerant concentration. This
indicates that the overall methodology is promising, in concert with adaptive refinement of the
sampling grid to accurately handle higher-order responses. Accuracy is reduced when the ROM is
extended to evaluate output parameters (such as FVF and AVF) which were not considered when
constructing the sampling grid and which show greatest sensitivity in sparsely sampled regions of
the parameter space. CFD results from additional training cases would be necessary to develop a
refined, more accurate ROM for other variables of interest.
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ABSTRACT
Surface active agents have the potential to substantially enhance heat and mass transfer in
ammonia-water absorption by reducing the surface tension of the working fluid. The enhancement
is caused by improved interactions at the vapor-liquid interface that result from surface tension
gradients. A screening analysis is performed based on the value of surface tension and critical
concentration. Surface tension measurements are made by a goniometer with and without surface
active agents using the pendant drop method. Different concentrations of ammonia and additives
that span the range of conditions encountered in the operation of an absorption heat pump are
considered. Based on these assessments, surface active agents and their ideal concentrations for
the enhancement of ammonia-water absorption are recommended.
Keywords: Additive, Ammonia-Water, Surface Tension, Surfactant.

1. INTRODUCTION
With an increasing emphasis on the reduction of electricity consumption and the eventual phasing
out of commonly used refrigerants, there is renewed interest in non-vapor compression
technologies for space cooling. Advances in miniaturization of heat exchangers have led to
development of compact vapor absorption systems as viable alternatives to vapor compression
systems (Determan and Garimella, 2012;Garimella, 2003;Hoysall and Garimella,
2019;Nagavarapu and Garimella, 2011)The use of an ammonia-water mixture as the working fluid
allows for cooling below freezing temperatures, thereby overcoming the limitations of a waterlithium bromide absorption system. The low specific volume of ammonia vapor and the
development of heat exchangers with microscale geometries have enabled the miniaturization of
these systems. The small size of these microchannel based absorption systems broadens the
range of potential applications to include residential and other small-scale applications. The
versatility of these systems in terms of heat source coupling has been demonstrated by Garimella
et al. (2016) and Goyal et al. (2017) by developing natural gas driven and waste-heat driven
systems, respectively, with standalone control systems for autonomous operation. A direct, gascoupled absorption system was developed by Staedter and Garimella (2018). The absorber is
often the bottleneck of these absorption systems: the performance of the absorber limits the
performance of the overall system as observed in Goyal et al. (2017). The absorber can often also
be the largest component in the system and dictates system size. Thus, enhancement of
absorption will directly translate to more efficient and compact systems.
Absorption of ammonia vapor into a dilute ammonia-water solution is a coupled heat and mass
transfer process, typically limited by the high mass transfer resistance on the liquid side in
microscale geometries (Hoysall and Garimella, 2019). The high mass transfer resistance can be
attributed to the low diffusivity of ammonia and low circulation velocity in microscale geometries.
The addition of surface active agents or surfactants to the working fluid could lead to increased
interfacial turbulence and better absorption. The interfacial turbulence is induced by surface
tension gradients, also known as the Marangoni effect. Although surfactants have been studied
well for water-LiBr absorption systems, their effect on ammonia-water systems is not well
understood. Kang and Kashiwagi (2002) reported that the addition of surfactants such as 2-ethyl-1hexanol enhanced ammonia absorption in a bubble type absorber by 3 - 4.6 times. However, the
lack of understanding of the underlying phenomena has prevented the development of surfactant
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enhanced ammonia water absorption systems. In the present study, surface tension values for
ammonia-water solutions with various surfactants added in different concentrations are measured.
The results from this study will lead to an understanding of the pertinent enhancement
mechanisms and the eventual development of efficient and compact absorbers for vapor
absorption systems.

2. LITERATURE REVIEW
Surfactants have been widely used and studied for water-LiBr absorption systems. The
enhancement caused by surfactants was first reported by Kashiwagi (1985). Based on
experimental evidence from three enhancement additives, Beutler et al. (1996) concluded that 2ethyl-1-hexanol (2E1H) had the best enhancement by a factor of 1.5. However, they concluded
that the reduction in surface tension cannot be the only reason for enhancement, as the addition of
1-decanol reduced surface tension but did not enhance performance. Hoffmann et al. (1996)
investigated the effect of surfactants on a horizontal falling-film water-LiBr absorber and suggested
that the improvement in performance was due to the combined effect of surface tension reduction
and change in droplet characteristics. Kulankara and Herold (2000) studied the effect of
surfactants on falling-films over vertical tubes, and developed the so-called vapor surfactant theory.
Möller and Knoche (1996) were the first to conduct experiments on the ammonia-water working
fluid and concluded that 50 PPM of 1-octanol resulted in the best enhancement in a bubble
absorber. Kim et al. (2006) visually investigated the effect of surfactants and confirmed that
Marangoni convection played a role in the enhancement of performance. They suggest using 700
PPM of 2-ethyl-1-hexanol to maximize absorption rates in the bubble mode. Kim et al. (2007) show
enhancement in ammonia-water bubble absorbers by adding copper nanoparticles. It must be
noted that all ammonia-water studies, except Hoysall and Garimella (2019), are conducted on the
bubble mode of ammonia-water absorption. There is a need to study the effect of these additives in
convective flow and falling-film absorbers. Excepting Marlon-A, an anionic tenside, all studies
employed various hydrocarbon alcohols as the additive. Figure 1 summarizes the magnitude of
enhancement caused by various additives reported in the literature.

Figure 1: Magnitude of enhancement by additives
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Fluorinated surfactants are another class of surfactants that have been observed to reduce surface
tension of water very effectively. However, there are no studies that characterize their impact on
absorption. Inoue et al. (2004) investigated the enhancement of pool boiling in water and
water/ethanol mixtures using perfluoroalkyl surfactants. The exceptional thermal and chemical
stability of this class of surfactants has led to its accumulation in groundwater and blood samples
and has raised environmental concerns. Alternatives including synthetic organic surfactants like
sodium dodecyl sulfate (SDS) that are used in household cleaning products have been declared
safe with regard to human and environmental toxicity concerns. Therefore, SDS is evaluated in
this study.
A few different theories have been proposed to explain the mechanism of enhancement. Kashiwagi
(1988) explained the enhancement in water-LiBr on the basis of Marangoni convection. He
proposed that the presence of droplets or islands of additive on the surface is required to induce
Marangoni convection. It is thus referred to as the island theory. The strong gradients of surface
tension around these islands during absorption results in Marangoni convection. According to this
model, the additive concentration should exceed the solubility limit and thus be able to form
droplets on the surface. However, many studies have reported the presence of islands is not a
necessary condition for enhancement.
According to the radical out effect, additive molecules dissociate in the solution with one part
dissolving in the bulk solution and the other part adsorbing on the surface. For instance, 1-octanol
dissociates into C8H17+ and OH-. The OH- ion bonds with NH4+ allowing the C8H17+ ions to diffuse to
the interface and reduce local surface tension in various regions, resulting in interfacial turbulence
(Kim et al., 2006). Kulankara and Herold (2000) proposed the vapor surfactant theory to explain
the enhancement caused by surfactants in water-LiBr absorption chillers. This theory also
attributes the enhancement to Marangoni convection but differs from other theories in how the
instability is induced. According to this theory, some of the alcohol vaporizes and travels in the
vapor phase and condenses on the vapor-liquid surface leading to secondary flows.

3. EXPERIMENTAL METHOD
Force measurement and optical methods are most commonly used to measure surface and
interfacial tension. Force tensiometry is basically the measurement of forces exerted on a probe
that is positioned at the liquid-gas or liquid-liquid interface. The forces measured by the balance as
the probe interacts with the surface of the liquid are used to calculate surface tension. The DuNouy ring and Wilhelmy plate methods are examples of force tensiometry. Surfactant-based
solutions, however, pose a challenge. The use of the ring method, where the interface is stretched
during measurements means that the equilibrium state is not achieved, because new surface area
for surfactants to move to is constantly created. The measured surface tension values are higher
than the actual value. On the other hand, the equilibrium state can be achieved with the Wilhelmy
plate method as the plate can be kept stationary. However, the change in wettability of the plate
due to unwanted adsorption of surfactants can affect the measured values. It is for these reasons
that the pendant drop optical technique is best suited for surfactant-based solutions. It must also
be ensured that the needle tip does not influence the drop shape. For the present study, the
Dataphysics OCA 25 goniometer with drop shape analysis capability is used. A schematic of the
system setup is shown in Figure 2.

Figure 2: Schematic of experimental apparatus
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The shape of the drop is governed by the Young-Laplace equation given by Eq. (1). It is
determined by the combination of surface tension force that tends to create a spherical drop and
gravitational forces that stretch the drop, leading to the typical pear or pendant shaped drop. The
shape of the drop is extracted by image analysis and the method elucidated by Stauffer (1965) is
used to calculate the value of surface tension.

⎛ 1
1 ⎞
ΔPt = ΔP0 ± Δρ gz = σ ⎜ +
⎟
⎝ R1 R2 ⎠

Eq. (1)

Four different surfactants are investigated in this study. A summary of test conditions is provided in
Table 1.
Table 1: Experimental conditions

Base solution

Concentration of ammonia
Surfactant

Ammonia-water solution
0%; 15%; 28%

(percentage of ammonia)

1-octanol; 2-ethyl-1-hexanol; 1-decanol and
sodium dodecyl sulfate

Concentration of surfactant

0; 100; 200; 500; 1000 (PPM of surfactant)

Ambient temperature

23 °C

Needle

24 gauge

Dosing volume

~ 50 µL

Instrument uncertainty

The surface tension values obtained from the experiment are averaged over ten readings, and
validated by comparing them with values reported in the literature, as shown in Table 2. There is
high degree of agreement between measured and reported values.
Table 2: Comparison of measured and reported values

Working fluid

Surface tension from
current study

Surface tension from
literature

Reference

Pure water

73.53

72.44

Harkins (1952)

15% ammoniawater solution

61.13

61.98

Ware (1928)
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4.

RESULTS

Surface tension measurements with additives are made for water and ammonia-water solution.
The shape of the drop, analyzed using the Dataphysics SCA 22 module is shown for two cases in
Figure 3. On the left is a drop of pure water with no surfactant, while on the right is a drop with 1000
PPM of 1-octanol. It is observed that with addition of surfactant, the size of the drop decreases and
it assumes a stretched oval shape.

Figure 3: Shape of water droplet with 1-octanol with C = 0 PPM (left), and C = 1000 PPM (right)

Figure 4 shows the variation of surface tension of ammonia-water solution with the addition of 1octanol. As little as 100 PPM of the additive causes a 30% change in surface tension. It is also
seen that 500 PPM is the critical concentration of the 1-octanol, beyond which there is no
appreciable reduction in surface tension.

Figure 4: Surface tension of ammonia-water solution with 1-octanol

There is ambiguity in the literature about the variation of surface tension of ammonia-water solution
with increasing concentration of ammonia in the presence of surfactants. Some studies including
Kang et al. (1999) show an increase in surface tension as the ammonia concentration increases in
the presence of 1-octanol. In the present study, it is observed that surface tension decreases with
increase in ammonia concentration in the presence of surfactants. Figure 5 shows data for 1octanol as the additive. It is, however, observed that as the concentration of surfactant is
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increased, the slope of the surface tension curve decreases. For instance, with 100 PPM of 1octanol, the change in surface tension is more than the case with 1000 PPM of the surfactant.
These data will help understand the magnitude of enhancement at different sections of the
absorber.

Figure 5: Surface tension versus mass fraction of ammonia
Figure 6 shows measured surface tension values for various surfactants in 15% ammonia-water
solution. A critical concentration of about 500 PPM is again observed for all the hydrocarbon
alcohols. The plateau value of surface tension for 1-decanol is 33.4 ×10−3 Nm-1 while the values for

1-octanol and 2-ethyl-1-hexanol are slightly lower than 28 ×10−3 Nm -1 . Sodium dodecyl sulfate
performs poorly in comparison, reducing the surface tension only to 40.2 ×10−3 Nm-1 . Islands of the
additive are observed in the solution when the concentration is above 100 PPM in the case of 1octanol, 2-ethyl-1-hexanol and 1-decanol, indicating very low solubility for these additives. SDS is
however completely soluble in water and ammonia-water solution.

Figure 6: Surface tension with four additives
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Surfactants have very low diffusivity in ammonia-water due to the large size of their molecules. If a
small amount of surfactant is added during absorption, the surfactant molecules which are
dispersed randomly reduce the local surface tension. However, the surface tension in the bulk of
ammonia-water solution is still high. This gradient in surface tension is the driving force for a
secondary flow. Many such secondary flow patterns are initiated in the vicinity of surfactant
molecules that increase interfacial interactions and enhances performance. In addition, the
increase in wettability due to lower surface tension ensures better use of heat transfer area and
potentially reduces maldistribution in the headers of microchannel heat exchangers.

5. CONCLUSIONS
This study provides surface tension data for ammonia-water solution with various surfactants. Up
to 57% reduction in surface tension is observed with the addition of surfactants, which allows for
Marangoni convection flows to be initiated. Based on the plateau value of surface tension, 500
PPM of 1-octanol and 2-ethyl-1-hexanol are the preferred additives. This work contributes towards
understanding the enhancement mechanism in ammonia vapor absorption in the presence of
surfactants, eventually leading to development of efficient and compact absorbers.
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NOMENCLATURE

g

gravitational acceleration (m∙s-2)

Laplace pressure (kPa)

Pt

total pressure (kPa)

R

principal radius of curvature (m)

x

ammonia concentration by mass (%)

z

height from reference (m)

Δ

difference (-)

ρ

density (kg∙m-3)

σ

surface tension (N∙m-1)

C

additive
(PPM)

P0

concentration

by

mass
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ABSTRACT
The aim of the present work is to investigate the heat transfer performance of non-azeotropic ternary
low global warming potential (GWP) mixtures when vaporizing inside two channels: a 8,0 mm inner
diameter tube and a 0,96 mm inner diameter channel. The tested mixtures are R455A, which is a
ternary blend of R32, R1234yf and R744 (21,5/75,5/3,0% by mass composition), and R452B, which
is a ternary blend of R32, R1234yf and R125 (67,0/26,0/7,0% by mass composition). While R455A
presents a GWP value equal to 146 and a temperature glide of about 10 K, R452B is characterized
by higher GWP (equal to 676) but lower temperature glide (about 1 K). Results demonstrate that an
increased temperature glide leads to higher mass transfer resistance which penalizes the heat
transfer of the zeotropic mixtures during vaporization and must be taken into account when extending
available correlations developed for pure fluids to non-azeotropic blends.
Keywords: Boiling, Heat Transfer Coefficient, Low GWP, Zeotropic Mixture.

1. INTRODUCTION
In recent years, refrigeration and air-conditioning industries have been strongly affected by national
and international regulations on environmental protection and global warming. The F-gas Regulation
(EU) No 517/2014 imposed the gradual phase-down of hydrofluorocarbons (HFCs), leading to a 80%
cut of HFCs sales within 2030. The 28th Meeting of the Parties to the Montreal Protocol held in Kigali
(Rwanda) established HFCs phase-out targets by 2040s. In order to find suitable replacement
refrigerants, increasing attention has been addressed to mixtures of hydrofluoroolefins (HFOs, such
as R1234ze(E) and R1234yf) and hydrofluorocarbons (HFCs).
Experimental works carried out with the aim to investigate the flow boiling characteristics of nonazeotropic mixtures of HFCs and HFOs are limited in the literature. Lillo et al. (2018) recently
investigated the flow boiling heat transfer performance of R452A, which is a ternary non-azeotropic
blend of R32, R125 and R1234yf at 11,0/59,0/39,0% by mass composition with a temperature glide
of about 3 K, inside a 6,0 mm inner diameter channel. The heat transfer coefficients of the mixture
were found to be dependent on heat flux and mass velocity. Azzolin et al. (2016) carried out
experimental vaporization tests using a R32/R1234ze(E) mixture at 50,0/50,0% mass composition
inside a 0,96 mm minichannel. The tested mixture displayed lower heat transfer coefficients with
respect to pure fluids due to the additional mass transfer resistance caused by the different volatility
of the components. This heat transfer degradation was also shown by the work of Li et al. (2012),
who experimentally investigated the flow boiling heat transfer performance of binary mixtures of R32
and R1234yf at two different mass compositions (80,0/20,0% and 50,0/50,0%) inside a 2,0 mm inner
diameter tube. The heat transfer coefficients of the blends at the two concentrations were found to
be respectively 20-50% lower than those of pure fluid R32. Kondou et al. (2013) experimentally and
theoretically studied the flow boiling of R32/R1234ze(E) blends inside a horizontal microfin tube of
5,21 mm inner diameter. A predicting correlation that considers the thermal resistance in the vapor
phase due to the temperature glide and the boiling heat transfer degradation caused by the decrease
in the effective superheat was proposed by the authors, showing good agreement with experimental
data. Local heat transfer measurements during flow boiling of three low GWP HFOs/HFCs mixtures
inside a horizontal microfin tube of hydraulic diameter equal to 5,45 mm were performed by
Kedzierski and Kang (2016). They tested the mixtures R448A (R32/R125/R134a/R1234ze/R1234yf
at 26,0/26,0/21,0/7,0/20,0%), R449A (R32/R125/R134a/R1234yf at 24,3/24,7/25,7/25,3%) and
R452B (R32/R125/R1234yf at 67,0/7,0/26,0%). Mixture R452B exhibited the highest heat transfer
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coefficient, due to the smaller temperature glide. An existing flow boiling correlation was modified for
multi-component mixtures, predicting 98% of the measurements within ±20%.
The present study aims at investigating the flow boiling heat transfer performance of two ternary lowGWP non-azeotropic mixtures, named R455A and R452B, when vaporizing inside a 8,0 mm and a
0,96 mm inner diameter channels. The effect of vapor quality, heat flux, mass velocity, mean
saturation temperature, mass composition and channel diameter on the heat transfer coefficient of
the blends is investigated. The present experimental database is then compared against some
correlations available in the literature.

2. EXPERIMENTAL APPARATUS
Experimental tests have been performed on two distinct test sections available at the Two-phase
Heat Transfer Laboratory of the University of Padova and designed respectively for heat transfer
measurements in a 8,0 mm and in a 0,96 diameter channel. Due to the different mass flow rate
involved, each test section is installed in a dedicated experimental apparatus and consists of two
tube-in-tube heat exchangers: the pre-conditioning sector and the measuring sector where the heat
transfer coefficient is measured. Both the facilities present a similar layout consisting of a primary
refrigerant loop and three auxiliary water loops (Fig. 1). In the primary loop, the subcooled refrigerant
is sent by a magnetic-driven gear pump to the test section where it is heated and vaporized using
hot water as secondary fluid. After the test section, the refrigerant enters in the post-condenser,
where it is fully condensed and subcooled.

Figure 1: Layout of the two experimental test rigs: PS pre-conditioning sector, PV pressure vessel,
MF mechanical filter, TV valve, CFM Coriolis-effect mass flow meter, FD filter drier, BV ball valve

In the case of the setup for the 8,0 mm diameter channel, a tube-in-tube pre-evaporator is employed
to set the thermodynamic conditions (i.e. the vapor quality) at the inlet of the test section. The
refrigerant loop is provided with a Coriolis-effect mass flow meter, while magnetic type flow meters
are employed in the hot water circuits to measure the mass flow rates. The water temperature
differences in the different sections are determined using triple junction copper-constantan
thermopiles inserted into the corresponding mixing chambers while the inlet water temperatures are
measured with copper-constantan (type T) thermocouples. Two pressure transducers (absolute and
differential) are connected to manometric taps to measure the vapor pressure upstream and
downstream of the test section. The heat transfer coefficient is obtained by measuring the heat flow
rate exchanged (from the water side), the refrigerant temperatures at the inlet and outlet of the test
section (by means of thermocouples inserted into the refrigerant flow, located in adiabatic sectors)
and the wall temperatures at the inlet and outlet of the vaporization sector (by means of T-type
thermocouples embedded in the tube wall at the two ends of the test section). Detailed description
of the experimental apparatus and data reduction procedure is reported in Del Col (2010).
In the case of the 0,96 mm channel, the test section has been designed to allow precise
measurements of the water temperature profile (by means of fifteen thermocouples) which is in turn
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used for the determination of local heat flux and, hence, of the local heat transfer coefficient. Corioliseffect mass flow meters are employed for both the refrigerant and the hot water loops. In the hot
water circuits, copper-constantan thermocouples and triple junction thermopiles are used to measure
the water inlet temperatures and the temperature differences. Wall temperatures are directly
measured along the test section through thirteen T-type thermocouples embedded in the tube wall,
while refrigerant temperatures are determined from the local pressure and the local specific enthalpy.
Along the measuring section, the local pressure is obtained starting from the pressure measured at
the inlet and outlet of the test section, as reported in Azzolin et al. (2016). The local vapor quality is
obtained from the local pressure and the specific enthalpy. A complete description of the setup and
data reduction can be found in Azzolin et al. (2016).
For the presented experimental database, the average experimental uncertainty of the heat transfer
coefficient is equal to 4,7%. A complete description of the followed procedure is reported in Azzolin
et al. (2016).

3. MIXTURE COMPOSITION
Flow boiling tests have been performed with the ternary low GWP100-years non-azeotropic mixtures
R455A and R452B. R455A is a blend of R1234yf, R32 and R744 at 75,5/21,5/3,0% by mass
composition and can be employed for commercial refrigeration in low temperature applications for
replacing R404A due to comparable volumetric cooling capacity. R452B is composed of R1234yf,
R32 and R125 at 26,0/67,0/7,0% by mass composition and is suitable for air conditioning and heat
pump applications as substitute for R410A. Both these blends belong to the ANSI/ASHRAE A2L
class. In Table 1, thermodynamic and transport properties of the tested refrigerant blends are
reported and compared to those of the main pure fluid components R32, R1234yf and R125.
Properties are computed using NIST Refprop 9.1 (Lemmon et al., 2013).
Table 1. Properties of saturated R32, R1234yf, R125, R455A and R452B calculated using Refprop 9.1
(Lemmon et al., 2013) at pressure corresponding to 10,5 °C mean saturation temperature.

Fluid
GWP100-years
psaturation (bar)
ρl (kg m-3)
ρg (kg m-3)
ρl/ρg (-)
µl (µPa s)
λl (W m-1 K-1)
Tbubble (°C)
Glide (K)

R32
677
11,23
1017,8
30,7
33,15
133,88
0,137
-

R1234yf
<1
4,44
1142,4
24,65
46,34
183,41
0,068
-

R125
3170
9,22
1268,9
58,46
21,71
175,23
0,065
-

R455A
146
8,1
1111,8
35,16
31,62
162,27
0,086
4,78
11,49

R452B
676
10,4
1055,2
34,61
30,49
137,17
0,113
9,93
1,15

The ternary mixture R455A is characterized by low GWP100-years value (equal to 146), but high
temperature difference between the dew and the bubble point (equal to about 11,5 K). Instead, the
mixture R452B presents GWP100-years value equal to 676 and a temperature glide of 1,15 K.

4. FLOW BOILING RESULTS
In Figs. 2 and 3 the heat transfer coefficients measured inside the 8,0 mm inner diameter tube with
R455A and R452B are reported at two different mean saturation temperatures, for mass velocity G
= 200 kg m-2 s-1 and heat flux q’ within the range 14-17 kW m-2. The heat transfer performance of the
two blends is not significantly affected by the saturation temperature variations. This can be due to
the competition between nucleate boiling, which may be enhanced by the higher saturation
temperature, and the convective boiling contribution, which increases at lower temperature and
higher vapour quality.
In Fig. 4 the heat transfer coefficients of mixtures R455A and R452B measured inside the 8,0 mm
channel are reported versus vapour quality at mass velocities G equal to 200 and 400 kg m-2 s-1,
mean saturation temperature equal to 10,5 °C and heat flux between 14 and 17 kW m-2. The heat
transfer coefficients of both R455A and R452B become higher when increasing the mass velocity.
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Figure 3: Experimental heat transfer coefficients
of R452B inside the 8 mm channel, at G = 200 kg
m-2 s-1, heat flux 14 < q’ < 17 kW m-2 and mean
saturation temperatures equal to 5,5 and 10,5 °C

9000

Tsat, mean = 10,5 C, 14 < q' < 17 kW m-2

R455A G200

0

VAPOR QUALITY [/]

Figure
2:
Experimental
heat
transfer
coefficients of R455A inside the 8 mm channel,
at G = 200 kg m-2 s-1, heat flux 14 < q’ < 17 kW m2
and mean saturation temperatures equal to
10,5 and 18,2 °C

8000

R452B
G = 200 kg m-2 s-1
14 < q' < 17 kW m-2

1000

VAPOR QUALITY [/]

9000

Tsat, mean = 10,5 °C

2000

0

1

Tsat, mean = 5,5 °C

3000

1

VAPOR QUALITY [/]

Figure
4:
Experimental
heat
transfer
coefficients of R455A and R452B inside the 8
mm channel, at mass velocity G = 200-400 kg
m-2 s-1, heat flux 14 < q’ < 17 kW m-2 and mean
saturation temperature equal to 10,5 °C

8000

Tsat, mean = 10,5 C, G = 200 kg m-2 s-1

7000
6000

5000
4000
3000
2000
1000
0

R455A
R455A
R452B
R452B

7<q'<8 kW m-2
14<q'<17 kW m-2
7<q'<8 kW m-2
14<q'<17 kW m-2

0,0 0,1 0,2 0,3 0,4 0,5 0,6 0,7 0,8 0,9 1,0
VAPOR QUALITY [/]

Figure 5: Experimental heat transfer coefficients of
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mass velocity G = 200 kg m-2 s-1, mean saturation
temperature equal to 10,5 °C and heat flux 14 < q’
< 17 kW m-2

Comparing the performance of the two blends, R452B displays higher heat transfer coefficients due
to the greater fraction of R32, which leads to an increase in the liquid thermal conductivity. It is also
worth pointing out that R452B is characterized by a lower temperature glide compared with R455A.
Fig. 5 reports the heat transfer coefficients of mixtures R455A and R452B measured inside the 8,0
mm channel at two different heat fluxes, mass velocity G equal to 200 kg m-2 s-1 and mean saturation
temperature equal to 10,5 °C. The effect of the heat flux on the heat transfer coefficient is higher for
the mixture R452B compared to R455A. This can be explained considering the physical phenomena
which characterize the flow boiling heat transfer with non-azeotropic mixtures. As the blend is
heated, the more volatile component (for both the mixtures, R32) evaporates faster than the less
volatile one (R1234yf). This leads to a change in the composition of the liquid and vapor phases,
introduces a concentration gradient at the interface and rises the bubble point. Furthermore heat has
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to be supplied for sensible heating of the liquid and vapor phases in addition to the heat for
evaporation. The high-temperature glide mixture, due to the mass diffusion resistance and to the
greater sensible heat, shows a reduced increase of the heat transfer coefficient with heat flux, if
compared to the low-temperature glide mixture. It is also interesting to notice that for both the blends
the dry-out inception is delayed at the lower heat fluxes.
In Fig. 6 experimental heat transfer coefficients of ternary mixture R455A inside the 0,96 mm and
the 8,0 mm inner diameter channels are compared at fixed heat flux, 30 °C mean saturation
temperature and mass velocity G = 300 kg m-2 s-1. For vapor quality lower than 0,5, the heat transfer
coefficient in the small diameter channel is higher than the one measured in the 8,0 mm channel. It
tends to decrease with vapor quality: this behaviour was found also for a R32/R1234ze(E) blend by
Azzolin et al. (2016). In the 8,0 mm test section, the heat transfer coefficient of R455A is
approximately constant for all vapor quality range. This is probably due to the fact that nucleate
boiling is the dominant heat transfer mechanism in these conditions. In Fig. 7 the heat transfer
coefficients measured inside the 0,96 mm diameter minichannel with R455A and pure fluid
components R1234yf and R32 are reported against heat flux, at mean saturation temperature equal
to 30 °C and vapor quality x between 0,15 and 0,25. The heat transfer coefficient of R1234yf and
R32 increases significantly with the heat flux; for R455A the heat transfer coefficient rises with heat
flux but to a lower extent compared to pure components. From Fig. 7, it can also be noticed that, at
a fixed heat flux, R455A shows the lowest heat transfer coefficients compared to pure fluids
components and this must be due to the high temperature glide (about 11 K) and the associated
mass transfer resistance during flow boiling.
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Figure 6: Heat transfer coefficients of R455A in
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Figure 7: Heat transfer coefficients of R455A and
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G, mean saturation temperature equal to 30 °C
and vapour quality x between 0,15 and 0,25

5. COMPARISON AGAINST MODELS
Experimental data of mixtures R455A and R452B taken inside the 8.0 mm diameter channel have
been compared against predictions from the Gungor and Winterton (1986) and the Sun and Mishima
(2009) correlations. The Gungor and Winterton (1986) model was developed for saturated boiling in
horizontal and vertical tubes with internal diameter between 2.95 and 32 mm. The heat transfer
coefficient evaluated with the correlation (Eq. 1) is the sum of the pool boiling term, multiplied by a
suppression factor S, and the heat transfer coefficient of the liquid phase flowing alone in the tube
multiplied by an enhancement factor E.

 =  nbS +  l E
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This correlation predicts the present experimental database with a mean absolute deviation equal to
16,6% and a standard deviation equal to 24,3% (for R455A eAB = 23,1% and σN =33,8%, for R452B
eAB = 10,0% and σN = 14,8%).
Sun and Mishima (2009) assumed that nucleate boiling is the dominant mechanism but introduced
also the dependence of heat transfer coefficient on the Weber number for the liquid phase,
developing a flow boiling correlation for horizontal and vertical channels (Eq. 2).

=

0.54
6Re1.05
lo Bo


We0.191
 l
lo
 g


0.142






l
d

Eq. (2)

On the whole, the Sun and Mishima (2009) equation overestimates the present experimental
database with a mean absolute deviation equal to 23,4% and a standard deviation equal to 29,3%
(for R455A eAB = 36,8% and σN = 37,3%, for R452B eAB = 9,9% and σN =21,3%).
The previous correlations have been developed for pure fluids or near azeotropic mixtures. In this
paper, they are applied to mixtures R452B and R455A employing the thermodynamic and transport
properties of the mixtures but neglecting the additional mass transfer resistance. As previously
stated, this leads to general inaccurate predictions of the heat transfer coefficient. To improve the
predictions of the considered correlations, the degradation of the heat transfer coefficient due to the
additional mass transfer resistance should be properly accounted for. The Gungor and Winterton
(1986) model can be modified following the method by Shah (2014), applying two well-known
correction factors, one for pool boiling in the nucleate boiling region and the other one for the
convective boiling region. To account for the effect of the mass transfer resistance on bubble
nucleation, the Thome and Shakir (1987) factor Fc is employed:


   T
Fc = 1 +  fb GL
q'
 


 Bq '   

−
 

 l hm l 
1
−
e






 

Eq. (3)

where αfb is calculated using the Cooper (1984) correlation for pool boiling. The heat transfer during
convective boiling of blends involves sensible heating of the mixture and mass transfer resistance in
the liquid and vapor. Due to the fact that the convective phenomena involved during condensation
and flow boiling are similar, the Bell and Ghaly (1973) correction can be applied to flow boiling models
as reported in Eq. (4):

 1 qsg qt
m =  +
 f
g







−1

Eq. (4)

where αf is the heat transfer coefficient calculated from a flow boiling equation, αg is the convective
heat transfer coefficient of the vapor phase, ∂qsg/∂qt is the ratio between the sensible heat flow rate
heating the vapor and the total heat flow rate. This ratio can be approximated as:

qsg
qt

 x c pg

TGL
hm

Eq. (5)

The correction terms proposed by Shah (2014) for non-azeotropic mixtures are applied to Gungor
and Winterton (1986) model as indicated in the following equation:

 1
qsg qt
 m = Fc nbS + 
+
 E
g
 l





−1

Eq. (6)

For the Sun and Mishima (2009) model, which considers only the nucleate boiling contribution, the
heat transfer coefficient can be calculated applying only the Thome and Shakir (1973) correction to
the boiling number Bo in Eq. (2).
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The heat transfer coefficients evaluated with the two correlations corrected for blends are reported
in Figs. 8 and 9. An improvement in the prediction accuracy has been found for both the models: the
Sun and Mishima (2009) correlation is able to predict the whole presented experimental database
with a mean absolute deviation eAB = 10,9% and a standard deviation σN = 23,9% (for R455A eAB =
13,0% and σN = 27,2%, for R452B eAB = 8,7% and σN = 20,6%). For the Gungor and Winterton (1986)
model, the mean absolute deviation is equal to 14,0%, with a standard deviation of 22,6% (for R455A
eAB = 14,9% and σN = 30,5%, for R452B eAB = 13,1% and σN = 14,7%). In particular, the effect of the
correction is more appreciable for mixture R455A due to the dependence of Fc and of the Bell and
Ghaly (1973) correction on the temperature glide of the mixture, which is high (around 11 K).
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Figure 8: Experimental data compared to Gungor
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6. CONCLUSIONS
In the present paper, the flow boiling heat transfer performance of two low-GWP non-azeotropic
mixtures inside a 8,0 mm and a 0,96 mm inner diameter channels is investigated. The tested fluids
are R455A, ternary blend of R32, R1234yf and R744 at 21,5/75,5/3,0% by mass composition, and
R452B, mixture of R32, R1234yf and R125 at 67,0/26,0/7,0% by mass composition. For both the
blends the heat transfer coefficients are found to increase with heat flux and mass velocity, while the
effect of the mean saturation temperature is negligible. The heat transfer coefficients of R452B are
higher in comparison with those of R455A due to the lower temperature glide and higher liquid
thermal conductivity. The Sun and Mishima (2009) and Gungor and Winterton (1986) flow boiling
models, developed for pure fluids, are selected for comparing their predictions with experimental
data. The penalization of the heat transfer coefficient due to the additional mass transfer resistance
is important only for the high temperature glide mixture (R455A) and it can be accounted for by
applying the Bell and Ghaly (1973) correction together with the Thome and Shakir (1987) correction
factor for nucleate boiling Fc, as suggested by Shah (2014). The Sun and Mishima (2009) and the
Gungor and Winterton (1986) correlations, corrected for blends, are able to predict the present
experimental database with a mean absolute deviation of about 10,9% and 14,0%, respectively.

ACKNOWLEDGEMENTS
The authors acknowledge the financial support of the MIUR through the PRIN 2015 project “Clean
Heating and Cooling Technologies for an Energy Efficient Smart Grid”.

NOMENCLATURE
B
Bo

scaling factor in Eq. (3) (-)
boiling number (-)

p
q

pressure (bar)
heat flow rate (W)
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cp
isobaric specific heat (J kg-1 K-1)
d
hydraulic diameter (m)
E
enhancement factor in Eq. (1) (-)
eAB absolute deviation (%)
Fc
mixture correction factor (-)
G
mass velocity (kg m-2 s-1)
Greek symbols
α
heat transfer coefficient (W m-2 K-1)
β
mass transfer coefficient (m s-1)
Δh enthalpy difference (J kg-1)
ΔT temperature difference (K)
Subscripts
f
film
fb
flow boiling
g
vapor
GL glide
l
liquid
lo
liquid only

q'
Re
S
T
We
x

heat flux (W m-2)
Reynolds number (-)
suppression factor in Eq. (1) (-)
temperature (°C)
Weber number (-)
thermodynamic vapor quality (-)

λ
µ
ρ
σN

thermal conductivity (W m-1 K-1)
dynamic viscosity (Pa s)
density (kg m-3)
standard deviation (%)

m
nb
s
sat
t

mixture
nucleate boiling
sensible
saturation
total
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ABSTRACT
A multilayer sheet type solid desiccant dehumidifier was constructed performing distinguished
adsorption capacity and water removal efficiency. Micro sphere silica gel (M. S. Gel) with a pore
diameter of 2.7 nm manufactured by AGC Si-Tech. Co., Ltd., Japan, was adopted as adsorbent that
the characterized regeneration temperature was below 60 degree Celsius. The micron-sized
desiccant particles were confined between metal mesh sheets without polymer binder elevating the
water uptake capability. Instead of conventional honeycomb structure of the flow channels, the
multilayered slit bed effectively lowered the fan power required to operate the process air. The device
performance is evaluated by analyzing the dynamic heat and mass transfer characteristics during
the adsorption and regeneration processes at various supply air conditions and desiccant bed
thicknesses, demonstrating itself as a competitive alternative to existing solid desiccant
dehumidifiers.
Keywords: Multilayer Desiccant Dehumidifier, Heat and Mass Transfer, Adsorption, Desorption.

1. INTRODUCTION
The building sector accounts for approximately 30% of the total electricity consumption in the world
(Ürge-Vorsatz et al., 2015). The fraction is estimated to increase by 60% in 2050 compared to that
in 2007 (Tanaka, 2011). As a mutual target across the globe, recently the concept of Net Zero Energy
Building (NZEB) has emerged rapidly worldwide (Wells et al., 2018) for reducing the overall electricity
consumption by the buildings. A next step toward the realization of the NZEB will be the development
of highly efficient heat pump system, since space cooling or heating is one of the highest consumers
of electricity in the buildings globally. Among plenty of proposed energy efficient heat pump systems
in the literature, the desiccant based evaporative cooling (DEC), also known as hybrid airconditioning when combined with a traditional vapor compression system, was ranked within the top
five by the U.S. Department of Energy (DoE) based on its energy saving potential (Goetzler et al.,
2014). Consequently, significant efforts have been made by the researchers in the past decade to
advance this technology for both solid and liquid desiccant dehumidifiers.
Solid desiccant dehumidifiers can be briefly classified into the following four categories: (i) packed
bed, (ii) fluidized bed, (iii) rotary desiccant wheel, and (iv) desiccant coated heat exchanger (DCHE).
However, rotary desiccant wheels gained much attention over both the packed bed and fluidized bed
dehumidifiers owing to its relatively lower pressure drop, excellent dehumidification capacity and
their ability to provide uniform outlet humidity as well as continuous cycle operation without changing
cycles between the adsorption and desorption processes. Despite that the rotary desiccant wheels
have showed much improved performance compared to their ancestors, two major drawbacks
deteriorating in this system are (Li et al., 2015): (i) they cannot be operated in an isothermal manner
that the outlet air temperature rises by the release of heat of adsorption limiting the dehumidification
capacity and (ii) irreversibility and high heat loss occurring during the heat transfer from the high
temperature regeneration air to desiccant particles. Being as a prospective solution to overcome
these limitations, the concept of DCHE has been proposed and investigated (Vivekh et al., 2018),
where the desiccant particles can be directly cooled or heated more efficiently by flowing cold or hot
water though the desiccant particles coated fin tubes.
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Albeit significant improvements have been achieved in terms of performance by both rotary
desiccant wheel and DCHE systems, major concerns remained related to their engineering design,
being (Shamim et al., 2019): (i) the airflow retardation caused by the presence of complex
honeycomb structure in rotary wheel and by the densely spaced fin tubes (fin pitch 1.5 mm to 2.0
mm) in DCHE; (ii) the pore blockage originated from the polymer binders used to fix the desiccant
particles onto the honeycomb structure or the fin tubes; (iii) the application of liquid solvents and high
temperature, prolonged re-drying of desiccants during coating; (iv) the amount of desiccants that can
be accommodated per unit volume, which is directly related to the large physical dimension and less
compactness of the system.
In order to overcome the above criticalities of the existing solid desiccant systems, the concept of a
multilayer fixed-bed, binder-free desiccant dehumidifier (MFBDD) was previously proposed by the
authors and the transient heat and mass transfer characteristics of the device were evaluated
experimentally for both adsorption (Shamim et al., 2018) and regeneration (Shamim et al., 2019)
processes. In this study we summarize the key findings in these experimental results, presenting in
a sequential order in section 4 and section 5. The dynamic heat and mass transfer characteristics of
the MFBDD system during both adsorption and desorption were evaluated experimentally by varying
inlet air conditions and desiccant bed thicknesses. The comparison of the pressure drop and
dehumidification capacity between MFBDD system and other typical desiccant systems are shown
in Table 1 and Table 2, respectively.
Table 1. Comparison of pressure drop between MFBDD system and
systems (Shamim et al., 2019)
Pressure drop, ΔP (Pa m-1)
Desiccant
DCHE (air flow velocity Packed
Fluidized
-1
Wheel
approx. 1.1 m s and
Bed
Bed
fin pitch 2.0 mm)
770 (approx. 154 Pa 66 (approx. 20 Pa for
12897.70 8849.52
for 0.2 m wheel dia)
0.3 m fin length)

other typical desiccant
MFBDD (air flow
velocity 0.9 m s-1 and
bed thickness 1.0 mm)
20 (approx. 4 Pa for
0.2 m sheet length)

Table 2. Comparison of average dehumidification capacity between MFBDD system, a typical
rotary desiccant wheel and DCHEs (Shamim et al., 2019)
Parameters
MFBDD
Rotary Wheel
DCHE 1
DCHE 2
System dimension length = 200
wheel dia = 350 length = 380
length = 200
(mm)
width = 10
wheel thk = 200 width = 127.8
width = 150
height = 30
height = 380
tube dia = 9.525
Cycle duration (s)
Specific humidity of
inlet air (g kgDA-1)
Relative humidity of
inlet air (%)
Approximated
average
dehumidification
capacity (g kgDA-1)
Approximated
maximum
dehumidification
capacity (g kgDA-1)

600
16.5

Not applicable
16.2

599
16.37

543
-

70-73%

Not mentioned

75%

7.07
(8.67 for 300 s
cycle duration)

5.2

55.56%
(at 31.99 °C)
5.12

12.0

Not applicable

7.08

13.0

5.0

2. EXPERIMENTAL
2.1. Multilayer Fixed-bed, Binder-free Desiccant Dehumidifier
In the MFBDD system, sheet-type desiccant beds (200 mm × 10 mm × 1 mm) were fabricated using
stainless steel frame. Two stainless steel mesh having square voids of 72 µm × 72 µm were glued
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to the steel frame. Since the average particle diameter was larger than the void size, desiccant
particles could be dispersed between the two steel meshes without an adhesive. As a result, the
dehumidification capacity was improved. Furthermore, the relatively large gap of 5.0 mm between
two parallel desiccant sheets reduces the airflow restriction resulting in significantly lower pressure
drop. The test facility including the MFBDD prototype that was developed at the University of Tokyo
as shown in Fig. 1. The key components of the test facility are: a humidity controller to supply inlet
air at desired humidity and temperature, air heater to supply hot air during regeneration, flow control
valve and flow meter, humidity sensors, differential pressure gauge, thermocouples (K-type) and a
constant temperature oven. The purpose of using the oven was twofold: (i) to control the ambient
temperature of the test section and the desiccant particles; (ii) to minimize the heat loss from the hot
regeneration air to the surroundings.

Figure1: Test facility constructed at The University of Tokyo (dimensions in mm) (Shamim et
al., 2019).
2.2. Adsorption
The adsorption experiments were carried out at room temperature and in two steps (i.e. drying by
N2 and adsorption). At first the dry N2 gas (relative humidity (RH) 0.0%) was passed over the
desiccant beds and the RH of the N2 gas at the outlet was monitored. At the beginning of drying, the
RH at the outlet reached to as high as 40% due to transfer of water vapor from desiccant beds to
dry N2 gas. However, with time the amount of water in the beds was reduced and after one hour, the
RH of N2 gas at the outlet was dropped below 1.5%. At this condition, the desiccant beds were
reasonably dry and adsorption was started by supplying humid air from the humidity controller.
2.3. Regeneration
The regeneration process was investigated separately involving six steps (i.e. drying by N2, 1st
adsorption, heating of desiccant particles in the oven, regeneration by hot air, cooling to the room
temperature and 2nd adsorption). At first the desiccant beds were dried with N2 gas (as described in
section 2.2) and adsorption was carried out (1st adsorption) for 30 min. After the 1st adsorption
approximately 2.0 g of water was accumulated in the beds, however the bed temperature was
approached to the room temperature at the end of adsorption. Therefore, the convection oven was
turned on to heat the desiccant particles and the bed temperature was raised to the same level of
regeneration air temperature. During this period, there was no airflow in the test section.
Simultaneously, the temperature of regeneration air was raised by the air heater. When the
temperature of desiccant beds and hot air temperature reached to the desired value, regeneration
was started. After that, the desiccant beds were cooled down to room temperature again and another
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adsorption cycle was carried out (2nd adsorption) to understand how regeneration of the desiccant
beds under different temperatures could affect the adsorption performance of the device in the
following cycle.

3. PERFORMANCE INDICATORS
Dehumidification Capacity (ΔXads) / Moisture Gain (ΔXreg): The dehumidification capacity and
moisture gain during adsorption and desorption respectively ΔXads/reg were calculated as follows:
X ads/reg  X out  X in ads/reg
Eq. (1)
Here, Xout and Xin are the absolute humidity (g kgDA-1) measured by the humidity sensor at the outlet
and inlet of MFBDD test section during experiments.
Degree of Bed Temperature Reduction during Regeneration (ΔTmidbed): The degree of bed
temperature reduction at the middle (°C) with respect of regeneration air temperature was calculated
as follows:
bed
bed
Tmid
 Tmid
 Tin(reg)
Eq. (2)
Here, Tmidbed is the desiccant bed temperature (°C) recorded exactly at the middle of the desiccant
sheet and Tin(reg) is the temperature of regeneration air at the inlet (°C) of the test section.
Regeneration specific heat input (RSHI): RSHI, expressed in kJ kg-1, is a measure of energy
efficiency, and it can be calculated as follows (Shamim et al., 2019):

RSHI 

C p , air mreg

X ads mads

T

in (reg)

 Troom 

Eq. (3)

In the above equation, Cp,air is the specific heat capacity of air, taken as 1.005 kJ kg-1 K-1; mreg mads is
the ratio of the mass flow rate during the regeneration process to that during the adsorption process;
ΔXads (kg kgDA-1) is the dehumidification capacity of the device in the subsequent adsorption cycle
after regeneration; Tin(reg) (°C) is the inlet air temperature of the regeneration process; and Troom (°C)
is the temperature of room air that was heated and used for regeneration. Since, mreg mads was
equal to 1.0 in our experiment, the above equation represents the ratio of regeneration heat input to
the dehumidification capacity achieved after regeneration. Thus, a lower value of RSHI indicates a
higher dehumidification capacity obtained by lower regeneration heat input.

4. ADSORPTION EXPERIMENTS
The adsorption experiments were performed by varying the inlet air flow velocity, inlet air humidity,
and desiccant bed thickness. The adsorption-desorption isotherm of M. S. Gel desiccants obtained
by gravimetric measurement at 298.0 K is shown in Fig. 2(a). Note that, the M. S. Gel has a prone
S-shape isotherm and the equilibrium water uptake capacity of M. S. Gel at 80% RH was close to
0.7 g g-1, which is much higher compared to traditional silica gel or zeolite desiccants. The
dehumidification capacity of the MFBDD prototype under varying inlet air flow velocity, inlet air
humidity, and desiccant bed thickness are shown in Fig. 2(b) to (d) respectively. In Fig. 2(b) and (c),
when the inlet air conditions were varied, where the desiccant bed thickness was kept constant at
1.0 mm. In Fig. 2(d), when the bed thickness was altered with consistent inlet air conditions.
It is indicated that a higher dehumidification capacity was obtained (i) when the flow velocity of inlet
air became lower, (ii) when the humidity of inlet air increased and (iii) when the desiccant bed
became thicker. At low velocity, the inlet air had longer residence time and thus better contact with
the desiccant particles. At high humidity, the partial vapor pressure difference between the desiccant
surface and flowing air was increased. Thus, in both cases the average dehumidification capacity of
the device increased. However, in a thicker bed, it can be seen that the increment of dehumidification
capacity was not linear. Specifically, when the bed thickness was increased from 1.0 mm to 2.0 mm,
the dehumidification capacity did not improve that much compared to the case when the bed
thickness was increased from 0.2 mm to 1.0 mm, indicating that, in a thicker bed, the adsorption at
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the bottom layers was slower and did not contribute much towards the enhancement of overall
dehumidification capacity. Thus, the thickness of the desiccant bed can be a parameter of
optimization depending on how much dehumidification is required.
The transient change of desiccant bed and air temperature at different locations from inlet to outlet
during the adsorption process is depicted in Fig. 2(e) and (f) respectively. It can be seen that due to
adsorption heat release, both the desiccant bed and air temperature were increased, reached to a
peak, and with time as the desiccant beds became soaked with water, these temperatures became
minimal too. However, a gradual shift of peak bed temperature was observed with time (Fig. 2(e)),
which implies that the mass transfer zone also shifted from inlet towards outlet as the adsorption
progressed. The air temperature was maximum at the outlet, as the air flowed from inlet towards
outlet, it carried out more heat from the desiccant bed by convection.

Figure 2: (a) Adsorption-desorption isotherm of M. S. Gel at 298.0 K. Transient change of
dehumidification capacity with variation of (b) inlet air velocity; (c) inlet air humidity; (d)
desiccant bed thickness. Transient change of temperature during adsorption from inlet
towards outlet within (e) the desiccant bed; (f) airflow channel.
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5. REGENERATION EXPERIMENTS
During regeneration, the enthalpy of hot air was consumed by the desiccant particles and as a result,
both the desiccant bed and the air temperature at all locations from inlet towards outlet were decreased
as shown in Fig. 3(a) and (b) respectively. Also note that like adsorption, the peak of reduced bed
temperature shifted from inlet towards outlet during regeneration too due to the shifting of mass transfer
zone with time. Once majority of the water from the beds were regenerated, consumption of enthalpy
became smaller and both the bed and air temperature increased sharply. The slope of such sharp
increment of bed and air temperature also varied from inlet towards outlet according to the mass of
remaining water in different parts of the bed.
The moisture gain, degree of bed temperature reduction, subsequent dehumidification capacity during
2nd adsorption and regeneration specific heat input were also assessed under the influence of varying
regeneration air temperature as shown in Fig. 3(c) to (f) respectively. An increase in regeneration air
temperature led to a higher moisture gain (as more water could be desorbed) and higher degree of
reduction of the desiccant bed temperature (Fig. 3(c) and (d) respectively). As a result, it was feasible
to achieve a higher dehumidification capacity during the 2nd adsorption when the beds were regenerated
at high temperatures (Fig. 3(e)). At temperature above 50 °C, the RH of regeneration air became
significantly lower. This resulted in an increase in the partial vapor pressure difference between the
desiccant bed and the flowing air, which in turn augmented the desorption from the desiccant bed. At
such a high temperature, the moisture gain after 600 s of regeneration decreased sharply indicating a
rapid decrease in the desorption after this period. This phenomenon is also evident from the bed
temperature profile as shown in Fig. 3(d), where after 600 s a sharp increase in bed temperature is
observed. Thus, at high temperature, most of the desorption occurred within first 600 s of regeneration.
The time course of RSHI as defined by Eq. (3) for different regeneration temperature is shown in Fig.
3(f). In the calculation of RSHI, the room temperature was assumed to be 27.5 °C. Note that with an
increase in regeneration temperature, the RSHI also became higher owing to an increase in
regeneration heat input. However, until first 200 s, RSHI for 52.0 °C increased slightly compared to
RSHI for 45.8 °C, as the 2nd dehumidification capacity at 52.0 °C was much larger than that at 45.8 °C
until this period (Fig. 3(e)). After that the 2nd dehumidification capacity at 52.0 °C decreased sharply and
in turn RSHI also became higher. Although RSHI for 41.4 °C was the lowest (as the heat input was
smallest in this case), but the 2nd dehumidification capacity for this temperature was also significantly
lower. These results suggest that the RSHI can be used as a parameter to optimize the regeneration
temperature and regeneration period for a specific demand for dehumidification to maximize the energy
efficiency.
The influences of regeneration air humidity and flow velocity on moisture gain are depicted in Fig. 3(g)
and (h) respectively. It is clearly seen that when the RH of the regeneration air was increased, a smaller
amount of water vapor was desorbed from the desiccant bed (Fig. 3(g)) owing to a decrease in the
partial vapor pressure difference between the desiccant bed and the regeneration air. Thus, if the RH
in the outdoor air is too high, a higher temperature will be required for regeneration.
The effects of varying flow velocity of the regeneration air on the moisture gain were assessed over a
wide range of inlet velocities (0.6–0.9 m s-1); the results are shown in Fig. 3(h). When the flow velocity
was decreased, slightly larger moisture gain was obtained owing to a longer residence time of the
regeneration air within the test section. However, at a reduced regeneration air flow velocity, the mass
of desorbed water also became smaller and therefore, it was expected that the dehumidification
capacity of the device during the 2nd adsorption would also become lower in such case.
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Figure 3: Transient change of temperature during regeneraation from inlet towards outlet
within (a) the desiccant bed; (b) airflow channel. Tranisent change of (c) moisture gain; (d)
degree of bed temperature reduction at X = 100 mm; (e) dehumidification capacity during 2nd
adsorption and (f) regeneration specific heat input under varying regeneration air
temperature. Transient change of moisture gain under varying regeneration air (g) humidity
(Treg = 45.8 °C; Xin = 8.0, 11.4, and 14.3 g kgDA-1 at RH = 13.0%, 18.6%, and 23.2%, respectively)
and (h) velocity.
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6. CONCLUSIONS
In conclusion, the concept of a new multilayer sheet-type desiccant dehumidifier was proposed
where the desiccant particles could be enclosed without using polymer binder. As a result, the new
device was able to demonstrate higher dehumidification capacity compared to existing solid
desiccant systems. The multilayer sheet-type arrangement of desiccant beds reduced the airflow
restriction and thus, the pressure drop could be effectively reduced. In addition, the transient heat
and mass transfer characteristics of the device were evaluated experimentally under varying inlet air
conditions and desiccant bed thickness during both adsorption and regeneration process. The
authors anticipate that the outcomes of this study will be helpful for the HVAC designers to better
understand the underlying physics of adsorption-desorption in a multilayer device as well as to
design highly efficient dehumidifiers for next generation solid desiccant technology.
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NOMENCLATURE
tbed
Treg

thickness of desiccant bed (mm)
temperature of regeneration air (°C)

vin
Xin

velocity of inlet air (m s-1)
specific humidity of inlet air (g kgDA-1)
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ABSTRACT
Secondary refrigerants, like ice slurries, are already used for industrial application, but their
generation requires mechanical processes (scraping or brushing surface exchangers). CO 2
hydrates slurries were classically obtained in a stirred reactor, by gaseous CO2 dissolution inside
liquid water and cooling process.
In the present work, an original set up was developed in order to measure in real time and in situ
the dissolved CO2 amount in the liquid phase during crystallization process thanks to the FTIRATR measurements.
Results on this device allowed to quantify crystallization driving force, related to supersaturation,
and to focus on the crystallization limiting step, in particular to determine whether or not it is gas to
liquid diffusion. Some parameters were tested as stirrer type (propeller, Rushton turbine with and
without hollow shaft) or stirring speeds. The increase of stirring speed or hollow shaft stirrer choice
enhanced significatively gas/liquid transfer and thus strongly attenuated or even eliminated under
certain conditions the limiting factor at the vapor-liquid interface.
Keywords: Secondary Refrigeration, CO2 Hydrate, Phase Change Material, FTIR-ATR, Mass and
Heat Transfer.

1. INTRODUCTION
Clathrate hydrates are crystalline compounds formed from cages of water molecules, also called
host molecule. Various molecules can be a guest molecule; commonly it is gases like methane or
carbon dioxide. Hydrates formation have been considered for a long time as a key problem in oil
and gas industry, especially for flow assurance in petroleum pipeline. But since the last twenty
years plenty of friendly applications appeared like gases treatment, seawater desalination or
secondary refrigeration process. Secondary refrigeration is one way to reduce environmental
impact of primary refrigerant and consists in reducing fluid quantity, confining it in a primary
refrigeration loop and using a secondary refrigeration loop for storage and cold distribution. CO 2
hydrates, have been investigated as secondary refrigerant, due to their high dissociation enthalpy
(around 500 kJ.kg-1water, higher than that of ice i.e. 333 kJ.kg -1) (Fournaison et al., 2004;
Fukushima et al., 1999). While CO2 hydrates thermodynamic properties are now well established,
knowledge of crystallization kinetics phenomena is always a challenge (Warrier et al., 2016).
Trying to understand and control gas hydrates formation is a key factor since discovery of hydrates
as pipeline plugs by Hammerschmidt (Hammerschmidt, 1934).
Most of hydrate reactors at laboratory scale are equipped with pressure and temperature
recorders, and kinetic model are based on assumptions. In pharmaceutical or chemical research,
process analytical tools (PAT) were used for a long time to monitor crystallization, like particle size
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distribution probe ((Zhao et al., 2012) or Raman or Infrared spectroscopy (Togkalidou et al., 2001).
In hydrates research field, ATR FTIR measurement was only performed to characterize solid
phase (Kumar et al., 2009), and liquid phase composition was unusually characterized by sampling
inside the reactor and then analysed (Servio and Englezos, 2001). Recently a new validated
method to quantify dissolved CO2 in liquid water in-situ and in-line during hydrate formation has
been developed by Irstea and Ensta (Boufares et al., 2018). The aim of this study is to apply ATRFTIR protocol previously validated and to determine the limiting transfer for hydrate crystallization
at different mixing rates (same impeller), for two different impellers.

2. MATERIAL AND METHOD
2.1.

Raw Material Specifications

A CO2 cylinder tank was purchased from Air Liquide (purity 99.995% in volume) and deionized
water was used for the experiments.
2.2.

Equipment

Fig. 1 presents the setup used for those experiments. The device is composed of four parts: CO 2
feed, an external refrigerating unit, a magnetic drive coupling motor agitator and a customized high
pressure stainless steel reactor. The autoclave, with an internal volume of 382 mL, was equipped
with a calibrated PT100 temperature probe (uncertainty ± 0.1 K) and a calibrated pressure sensor
supplied by Drück (in the range 0 – 3000 kPa, uncertainty ± 1 kPa). Temperature and pressure
measurements were recorded by a data acquisition unit each second. The temperature set point
was controlled by a thermostatic bath. Inside the reactor, liquid and gas phases were stirred. For
the liquid phase, two different types of stirrer were compared: on one hand, a classical propeller,
and on the other hand, a Dispersimax hollow gas-induction impeller, intended to provide efficient
vapor-liquid mixing. The stirring velocity could be regulated from 0 to 1200 rpm, three set point
velocities were tested: 400, 600 and 800 rpm.

Figure 1: Experimental set-up for measurement of CO2 in the liquid phase during the hydrate
formation process

.
A diamond ATR probe was fixed on the lid and connected via optical fiber to an FTIR spectroscopy
analyzer (HTS-XT-Tensor 27, Bruker Optics GmbH, Ettlingen, Germany). FTIR spectra were
obtained in the absorption mode (OPUS v6.5, Bruker Optics GmbH, Ettlingen, Germany) in the
spectral region 400 - 4000 cm-1, with a spectral resolution of 4 cm-1 and taking 32 scans. The
ATR probe was in contact with the liquid to determine the concentration of dissolved CO 2. A FTIR
spectrum was recorded each 10 seconds. In order to avoid any interference from atmospheric
CO2, dry and purified air was allowed to circulate inside the spectrometer during all experiments.
2.3.

Experimental Protocol

2.3.1. CO2 concentration measurement in the liquid – FTIR spectroscopy device calibration
Thanks to a specific protocol, already detailed in a previous work (Boufares et al., 2018), based on
the infrared radiation due to the C=O bond vibration of CO2 dissolved in water solution, a
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calibration were established and peak height measurement correlated to CO2 concentration. This
calibration protocol was achieved for a range of temperature between 272.2 and 283.2 K and a set
of pressure from 1.0 to 2.5 MPa, at a stirring rate of 600 rpm, without hydrate phase.
2.3.2. CO2 hydrates formation / dissociation
All experiments were conducted in a batch reactor with an initial liquid/gas volume ratio of 1:1.
Empty reactor was filled with pure water (191±0.1 g) and then residual air was removed under
vacuum. Reactor stirring rate were set-up to fixed value and thermostatic bath set at initial
temperature of 283.2 K. Then reactor was fully immersed in thermostatic bath. Desired quantity of
CO2 gas was injected at a fixed set pressure CO2. When liquid vapor equilibrium was reached,
then temperature of thermostatic bath was set up to 272.2 K. After cooling and crystallization
occurred, CO2 hydrates formation was completed when pressure and temperature stabilized with
no further drop. Then thermostatic bath temperature was set up to 283.2 K to dissociate hydrates.

Figure 2: Experimental protocol description – Results of reference case
(Dispersimax 600rpm)

3. RESULTS AND DISCUSSION
As previously mentioned, the originality of this study is based on in-situ and real time CO2
dissolved concentration measurement during CO2 hydrates formation and dissociation in order to
determine kinetics limiting factors. Thanks to this new way to monitor CO 2 hydrate formation,
different stirring rates and stirrer types have been tested to enhance CO2 hydrates crystallization.
To determine the effect of each parameter, only one parameter was changed for each new test,
and compared to a reference case.
3.1.

Reference Case

The reference case was obtained with the Dispersimax hollow gas-induction impeller at 600 rpm.
Fig. 3 showed the evolution of pressure, temperature and CO2 concentration inside the reactor
during the test. The reference time value was the beginning of the crystallization, just for a better
understanding and comparison with the other cases, because spontaneous crystallization is a
stochastic phenomenon. In Figure 3, different steps were clearly identified:
•
Injection (from -7000 to -5000 s): when CO2 is injected within the system, an increase in
pressure and CO2 concentration was observed (in the vapor and liquid phases respectively).
Moreover, temperature increases due to CO2 dissolution which is an exothermal phenomenon.
•
Stabilization (from -5000 to -1800 s): after the CO2 dissolution step, pressure, temperature
and CO2 concentration reached steady state.
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Figure 3: Pressure, temperature and CO2 concentration curves versus time

•
Cooling and supercooling (from -1800 to 0 s): once the system has reached equilibrium, the
solution was cooled down in order to form CO2 hydrates. During this stage, pressure and
temperature decreased and CO2 concentration in the liquid phase increases, because of a CO2
mass transfer from the vapor phase to the liquid phase. In other words, solubility of CO2 in liquid
water increases with temperature decrease as expected. At point B (see Fig. 2),
thermodynamically conditions were reached to crystallize CO2 hydrates (HLwVE curve).
Nevertheless, the pressure and temperature conditions followed firstly the same linear trend in this
theoretical two-phase field H-LW than in the LW-V field. Consequently, the system was in a
metastable Liquid-Vapor equilibrium without hydrate. At the same time, the CO2 concentration in
the liquid phase continued to increase which lead to supersaturation conditions favorable for CO 2
hydrate crystallization.
•
Crystallization: at 0 s (points C – C’ (see Fig. 2), a sudden decrease of CO2 concentration
was observed which is related to a consumption of dissolved CO 2 in the liquid phase due to
hydrate formation. At the same time, a decrease in reactor pressure (feeding of the liquid phase
because CO2 dissolved is consumed by hydrates) and an increase in temperature (exothermal
reaction) were also observed corresponding to hydrate crystallization.
After these sudden variations, temperature, pressure and CO2 concentration values decreased
slowly until 2000 s corresponding to the beginning of a new stable zone where the system contains
CO2 in three phases (CO2 gas, CO2 dissolved and CO2 hydrates).
•
Dissociation: After stabilization, the bath temperature was set to 10 °C to dissociate CO2
hydrates. The reactor was maintained under agitation during the whole dissociation process. Once
heating started, an increase in CO2 concentration in the liquid phase was observed, related to the
release of CO2 entrapped inside hydrate crystals during CO2 hydrate melting. Simultaneously, an
increase of reactor pressure was noticed due to both temperature increase and CO2 release during
hydrate dissociation. Once the temperature inside the reactor reached 10 °C, the system tended
the LwVE conditions and a new stabilization stage took place.
In order to characterize the mechanisms governing CO2 hydrate formation, real-time CO2
concentration obtained by FTIR method was compared with predicted data of CO 2 concentrations
in liquid water. In order to define limiting factors in the system during hydrate formation it is
important to understand whether experimental FTIR concentrations are relevant to equilibrium or
non-equilibrium data. Before hydrate crystallization, the CO2 concentration in the liquid phase was
calculated from LwVE equation based on experimental (p,T) measured during dissolution and
supercooling. After crystallization, CO2 concentration in the liquid phase was predicted based on
two different methods:
The first method consists of estimating the CO2 concentration in the liquid phase from LwVE
at experimental pressure and temperature. To express this equilibrium, the equality of the

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1454

fugacities and chemical potentials between CO2 in vapor and liquid phase were used and taking
the infinite dilution as a reference state for dissolved CO2, Eq. Eq. (1) was developed as:
*
 p vCO

2

dp 
CO2 yCO2 p   CO2 xCO2 H CO2  exp  

0
 RT 

Eq. (1)

Pressure range is moderate, then we assumed that liquid and vapor phases are ideal. Due to this
hypothesis fugacity and activity coefficients were set to 1.We also neglected pressure effect on the
behavior of the liquid phase, thus the poynting factor was set to 1 as well.

p  xCO2 H CO2

Eq. (2)

Where the Henry’s constant (HCO2) was calculated as mentioned in (Holder et al., 1988).
The second method consists of estimating the CO2 concentration in the liquid phase at
HLwVE pressure corresponding to the experimental temperature. (p,T) values of HLwVE curve
were used to estimate the CO2 concentration using Eq. (2) and a correlation of the CO2
concentration as a function of T has been deduced and is given by Eq. (3). :

xCO2 = 1.528 + 9.661.10-2 * T + 1.634.10-3 * T 2 + 6.403.10-4 * T3  4.120.10-5 * T 4

Eq. (3)

Figure 4 shows the comparison between experimental value and equilibrium calculations. Before

hydrate formation, experimental CO2 (FTIR measurements) and LwVE prediction concentration are
in good agreement, even in supersaturated conditions. However, at the moment of hydrate
formation, a sharp decrease of CO2 concentration in the liquid phase was observed via FTIR
measurements, but was not observed on CO2 concentration predicted by LwVE prediction.
Experimental CO2 concentration was temporarily much lower than predicted assuming LwVE,
showing a limitation of CO2 transfer from the vapor to the liquid phase, which does not however
prevent hydrates from forming quickly by consuming the dissolved gas.
Measured CO2 concentrations were compared also to those predicted by the HLwVE (Eq. (3))
considering (peq,T) when the CO2 hydrate crystallizes and a good agreement was observed
between both curves. It was noted that the measured CO2 concentration had the same trend as
the concentration given for (peq,T) couple on the HLwVE. The results showed that at the beginning
of hydrate formation, equilibrium (in the condensed phase) may be assumed close to the liquid and
hydrate equilibrium. When crystallization occurred, CO2 concentration drops quickly which means
that hydrates consume the dissolved CO2 in the surrounding liquid at a high rate and act as a “CO2
sponge” for aqueous phase. CO2 concentration in the liquid phase, calculated via Eq. (3), was
related to experimental reactor temperature and not to reactor pressure (HL wVE pressure at the
experimental temperature). This result confirmed the limitation of the mass transfer from the vapor
to the liquid phase during CO2 hydrate crystallization and that the “local” equilibrium between the
liquid and hydrate phases depends only on the experimental temperature.

Figure 4: Comparison between CO2 experimental concentration and theoretical equilibrium
concentration (LwVE and HLwVE) – Reference case
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3.2.

Effect of the Stirring Rate

Figure 5: Comparison between 400, 600 and 800
RPM of CO2 experimental concentration versus
time

Figure 6: Comparison between 400, 600 and 800
RPM of reactor pressure versus time

One way to improve vapor to liquid transfer consists to increase vapor liquid interface. Three
stirring rate were tested. Figure 5 shows the evolution of CO2 concentration in the liquid phase and
Figure 6 reactor pressure evolution for different stirring rate under the same operating conditions
(water amount, initial pressure and temperature) as reference case.
According to Figure 5, it is obvious that the rotational speed has almost no effect either on CO2
consumption in the liquid phase during cooling and CO2 hydrate crystallization steps. The small
deviation between the three experiments is due to small difference in crystallization temperature.
At the hydrate formation point, the strong impoverishment of CO2 in the liquid phase was identified
for all velocities, meaning that this impoverishment is mainly governed by hydrate crystallization.
The reactor pressure evolution in Figure 5 is the same during the cooling stage, showing a good
thermal transfer between the cooling bath and the reactor which is independent of the rotational
stirrer. However, from the crystallization to the end of stabilization, the pressure profile depends on
the stirring rate. For both 600 rpm and 800 rpm, the pressure profiles were almost the same noting
that at 800 rpm the pressure drop is faster than that at 600 rpm. At 400 rpm the decrease in
pressure was significantly slower than at 600 and 800 rpm. This indicates that the mass transfer
resistance between the vapor and liquid phases was more significant at this stirring speed.

Figure 7: Comparison between CO2 experimental
concentration and theoretical equilibrium concentration
(LwVE and HLwVE) – 400 RPM

Figure 8: Comparison between CO2
experimental concentration and
theoretical equilibrium concentration
(LwVE and HLwVE) – 800 RPM

As for reference case, results obtained for the CO2 concentrations measurements in the liquid
phase were compared to LwVE predicted concentrations (Eq. (2)) and considering the (peq,T)
couple conditions (Eq. (3)) when the crystallization took place (see Fig. 4, Figure 7 and Figure 8). In
the cooling stage, from -2000 to 0 s, for this stage the measured and LwVE predicted
concentrations fit very well for rotational speeds of 600 rpm and 400 rpm. The measured

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1456

concentration is lower than LwVE curve for 800 rpm probably due to the turbulences that can take
place.
At the crystallization, comparing the measured concentration to that projected on the HLwVE curve
at (peq,T) (Eq. (3)) these results confirm our previous observations (see reference case). The
results showed differences by comparing the measured and LwVE prediction concentration. This
gap was more important for 400 rpm than that at 600 rpm and vanished for the 800 rpm. This can
be explained by the fact that for 400 rpm and 600 rpm the mass transfer resistance is significantly
higher whereas for 800 rpm it can be neglected.
3.3.

Effect of the Impeller Type

Figure 9: Comparison between Dispersimax and
propeller at 600 RPM of CO2 experimental
concentrations and pressure versus time

Figure 10: Comparison between CO2
experimental concentration and theoretical
equilibrium concentration (LwVE and HLwVE) –
600 RPM propeller

In experiments comparing the effect of impeller type, crystallization did not occur at the same step
for both cases: during cooling step for Dispersimax and after cooling during stabilization step at low
temperature for propeller, due to the stochastic crystallization phenomenon. This fact explain why
even if we performed tests in same initial operating conditions, reactor pressure before
crystallization was at 2.0 MPa for propeller and at 2.5 MPa for Dispersimax. Nevertheless
concentration profiles during crystallization were similar, despite of pressure profiles (see Fig. 9). In
the same way, the comparison between CO2 concentration measurement and LwVE (Eq. (2)) and
HLwVE (peq,T) predicted concentrations (see Fig. 10) are very similar comparing to the reference
case (good agreement with LwVE before crystallization, very close to HLwVE profile after
crystallization). As for reference case, the transfer was limited at the vapor - liquid interface.
Thanks to these two experiments the effect of gas recirculation (with Dispersimax) was highlighted,
increasing liquid – vapor contacting area and enhanced significantly mass and thermal transfer.

4. CONCLUSION
A protocol allows in situ and real-time measurement of CO2 concentration in liquid phase during
the CO2 hydrate formation/dissociation process. Two mechanism steps took place:
1. Rapid consumption of dissolved CO2 during hydrate formation leading to crystal growth limitation
2. Gas transfer from vapor to liquid phase, which governs the pursuit of the process.
Thanks to these results, CO2 transfer at the vapor/liquid interface was identifying as the limiting
step of the crystallization process after the first rapid step. The effect of the stirring speeds and
impeller type was tested and showed that an increase of stirring rate speed or a gas recirculation
improves the gas/liquid contacting area and enhances gas transfer from vapor to liquid phase,
reducing the limiting factor at the vapor liquid interface.
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NOMENCLATURE
LwVE

p

Pressure (Pa)

HLwVE Hydrate-Liquid-Vapor Equilibrium

peq

Equilibrium pressure (Pa)

HLwE

Hydrate-Liquid Equilibrium

T

Temperature (K)

 CO

Fugacity coefficient

R

Universal gas constant

 CO

Activity coefficient

H CO2

Henry’s constant

2

2

Liquid-Vapor Equilibrium
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ABSTRACT
Capacity control in chillers and heat pumps is done more and more by adopting variable speed
compressors. In such a case, at partial loads, the refrigerant flow rate running in the equipment is
reduced and this is a strong reason for studying convective condensation at low mass flux.
Here, the mechanisms of condensation inside a tube with an internal diameter equal to 3.4 mm are
investigated. The test section allows to perform flow pattern visualizations, measurements of the
heat transfer coefficient and of the liquid film thickness. Experiments have been conducted with
R134a and R245fa in horizontal and vertical downward flow at mass velocity equal to 50 and 100 kg
m-2 s-1 at 40°C saturation temperature. The visualized flow patterns provide fundamental information
to understand the effect of channel inclination. The liquid film thickness during vertical downflow
condensation has been measured with a confocal sensor.
Keywords: Two-Phase Flow, Heat Transfer Coefficient, Inclined Tube, Liquid Film Thickness.

1. INTRODUCTION
Three quantities can be identified as main actors governing convective condensation inside
channels: vapor shear stress, gravity force, surface tension. Their mutual influence, together with
fluid properties, is responsible of the development of different flow regimes (e.g. annular, stratified,
plug-slug…), the laminar-to-turbulent transition in the liquid film, the presence of interface instabilities
(waves) and liquid entrainment in the vapor core. At relatively high values of mass velocity (e.g. G >
300 kg m-2 s-1) several data taken during in-tube condensation of refrigerants are available in the
literature and the correlations usually well predict experimental data and they can be applied down
to 1 mm diameter channel (Del Col et al. 2015, Matkovic et al. 2009). Instead, when reducing the
mass velocity, vapor shear stress, gravity force and (in small diameter channels) surface tension
becomes similar making the prediction of the heat transfer more difficult. Toninelli et al. (2018)
investigated by means of VOF (Volume Of Fluid) numerical simulations the relative importance of
shear, gravity and surface tension during condensation of R134a in two channels (internal diameters
equal to 1 mm and 3.4 mm) and they showed that the presence of waves at the vapor-liquid interface
leads to an enhancement of the heat transfer coefficient. From the application perspective, low mass
velocities are very interesting because of the adoption of inverter-driven compressors with variable
speed leads often the system to work far from its design conditions and thus the condenser can be
found to operate at low values of mass velocity. Beside this, at low mass velocity, due to the increase
role of gravity over vapor shear stress, the channel inclination becomes an important factor to be
considered in the design of heat exchangers. The number of studies dealing with condensation in
small diameter channels (e.g below 4 mm) and those investigating the effect of the channel
inclination is very limited. Even less are the available works that, in these working conditions,
correlate the condensation heat transfer with the corresponding two-phase flow pattern. Ewim et al.
(2018) studied the effect of channel inclination on heat transfer coefficients and flow patterns during
R134a condensation inside a 8.38 mm diameter tube at 40°C saturation temperature. Condensation
experiments were conducted at different inclination angles ranging from -90° (vertically downwards)
to +90° (vertically upwards), at mass fluxes of 50, 75, and 100 kg m-2s-1. They reported that channel
inclination significantly influences the flow patterns and the heat transfer coefficients; in particular,
the inclination effect is more evident for downwards flows than upwards flows, with an optimal angle
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between -30° and -15°. Recently, Azzolin et al. (2018) studied convective condensation inside a 3.4
mm diameter channel in microgravity: in microgravity conditions the penalization of the heat transfer
coefficient with respect to the horizontal channel in normal gravity condition was found to vary
between 10% and 24% at mass velocity G = 70 - 100 kg m-2 s-1 and vapor quality from 0.8 to 0.5.
From one side, heat transfer coefficient data coupled with flow pattern visualizations provide enough
information for the development and assessment of heat transfer correlations but, from a more
fundamental point of view, the knowledge of the evolution of the liquid film thickness in condensation
is very important because during annular condensation, the leading thermal resistance is due to the
liquid film thickness at the wall. Most of the studies dealing with liquid film thickness measurements
available in the literature concern relatively big channels (e.g. 20-30 mm diameter) and air-water
mixtures (Cioncolini et al. 2013). There is a lack of data taken with refrigerants in saturated conditions
and inside small channels. Different techniques can be used such as laser induced fluorescence,
optical techniques, conductance technique and ultrasonic method. A comprehensive review of the
methods employed in micro-scale for the liquid film thickness measurement and related literature is
provided by Tibiriçá et al. (2010). Among the optical techniques, Mederic et al. (2006) performed
measurements of local liquid film thickness and local void fraction by means of image analysis during
condensation of n-pentane inside a borosilicate tube with inner diameter equal to 0.56 mm. Han et
al. (2015) measured annular liquid film thickness by laser confocal displacement meter using
degassed water and air in glass tubes with inner diameters of 0.3, 0.5 and 1.0 mm. Inside the 1.0
mm tube, the mean liquid film thickness decreases from about 55 µm to 5 µm at G=100 kg m-2 s-1
and from 30 µm to 5 µm at G=500 kg m-2 s-1 in the vapor quality range x = 0.10÷1. None of these
works address refrigerants.
In the present paper, the effect of gravity during R134a condensation in a horizontal and vertical tube
(3.4 mm internal diameter) is investigated by heat transfer measurements and flow visualizations.
Furthermore, with the aim to study the effect of fluid properties, data taken with R134a have been
compared with R245fa data in vertical downflow covering heat transfer coefficients and liquid film
thickness.

2. EXPERIMENTAL TEST SECTION
The layout of the test rig used for condensation tests is reported in Fig. 1a. It consists of a primary
refrigerant loop and three auxiliary water loops. In the refrigerant loop, a post-condenser is used to
keep the refrigerant subcooled before it enters a magnetic driven gear pump. The refrigerant mass
flow rate is measured by Coriolis-effect mass flow meter and a tube-in-tube heat exchanger is used
to vaporize and superheat the fluid. After the evaporator, the refrigerant enters in the heat transfer
test section in which is partially or fully condensed using distilled water as secondary fluid.
The experimental test section is composed of three parts: two counter-current heat exchangers for
heat transfer measurements and a glass window for flow pattern visualization and liquid film
thickness measurement (Fig. 1b). Each heat exchanger is divided respectively in three and two subsectors: the refrigerant flows in the internal circular channel (3.4 mm diameter), beside water flows
in the external annulus. A finned geometry has been machined on the water coolant side with the
aim to decrease the water side heat transfer resistance and to accommodate wall thermocouples (in
each sub-sector six thermocouples are embedded in the copper wall). On the water side, two
thermocouples and a triple junction thermopile are used to double check the temperature difference
of the flowing water at the inlet and outlet of each sub-sector. Two Coriolis effect mass flow meters
are employed to measure the water mass flow rate. The refrigerant temperatures at the inlet and
outlet of the test section are measured with two T-type thermocouples immersed in the fluid flow and
the pressure is measured at the inlet of the first heat exchanger by means of a relative pressure
transducers, whereas two differential pressure transducers with different full scale are employed to
measure the pressure drop along the test section.
Between the two heat exchangers, a borosilicate glass tube has been placed for the visualization of
the flow pattern. The glass tube has an internal diameter equal to 3.4 mm and is 40 mm long. The
external side of the glass has been designed and machined to obtain a lens for better detection of
the liquid film.
2.1.

Data Reduction

During the heat transfer tests the heat flow rate between the refrigerant and the water for each subsector is evaluated as:
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Eq. (1)

qwater,i  mwater,i cwater Twater,i
where ΔTwater,i is the water temperature difference measured by the i-th thermopile.
The heat transfer coefficient in the i-th sub-sector can be then obtained as:

i 

qwater,i

A  Tsat  Tw,m 

Eq. (2)
i

where Tsat and Tw,m are respectively the saturation and mean wall temperature. In each sub-sector
the wall temperatures are measured with 6 thermocouples in different positions. The heat transfer
coefficient (Eq. 2) can be calculated using the mean wall temperature (Tw,m).
The enthalpy at the outlet of each sub-sector hout,i can be determined from the heat flow rate, the
mass flow rate and the inlet enthalpy of the condensing fluid:

hout,i  hin,i 

qwater,i

Eq. (3)

mref

where the enthalpy at the inlet of the test section is evaluated from the measured temperature and
pressure using REFPROP 9.1 (Lemmon et al. 2013) and the outlet enthalpy from one sub-sector is
considered as the inlet value of the following sub-sector. The thermodynamic vapor quality at the
outlet of a sub-sector (and at inlet of the following one) can be calculated using the outlet enthalpy
(Eq. 3). The mean vapor quality for each sub-sector is calculated from the inlet and outlet values.
To complete the data reduction, the following contributions are considered: dissipated heat flow rate
(the mean dissipated heat flow rate was about 1 W per sub-sector with a temperature difference of
10 K between the water and the external ambient); effect of the wall thermocouples positioning (the
effective wall temperature measurement is located 0.6 mm from the internal channel surface and
thus the measured temperature can be corrected to account for the conduction resistance in the thin
copper wall); effect of the axial conduction (this effect may promote heat transfer from water to the
condensing refrigerant between the sub-sectors).
a)

b)

1 heat exchanger
3 sub-sectors
Visualization window:
Borosilicate glass

2 heat exchanger
2 sub-sectors

Figure 1: a) Experimental test rig: FD (filter dryer); PV (pressure vessel); CFM (Coriolis mass flow
meter); TV (throttling valve); MF (mechanical filter); BV (ball valve); P (pressure transducer); DP
(differential pressure transducer); T (thermocouple); DT (thermopile). b) Detail of the test section

3. EFFECT OF CHANNEL ORIENTATION
The main objective of this work is to investigate the effect of channel orientation during condensation
at low mass flux, when gravity has bigger effect. Tests with R134a have been done at mass flux
equal to 100 and 50 kg m-2 s-1 in horizontal and vertical configuration. The condensation heat transfer
coefficient has been measured in the five sub-sectors with the exception of the first one where the
working fluid enters the test section as superheated vapor and thus part of the first sub-sector serves
to desuperheat the fluid and achieve the thermodynamic conditions at the inlet of the following sub-
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sector. Between the 3rd and the 4th sub-sector, the visualization window allows to record the flow
pattern using a high speed camera.
The experimental heat transfer coefficients of R134a are plotted versus vapor quality in Fig. 2a. As
expected for forced convective condensation inside pipes, the heat transfer coefficient decreases as
the condensation process is moving forward and the vapor quality decreases in the channel. Beside,
the heat transfer coefficient depends on the mass velocity, due to the effect of the shear stress. At
G=50 kg m-2 s-1, the effect of the saturation-to-wall temperature difference is evident; at the same
vapor quality, at lower saturation-to-wall temperature difference the heat transfer coefficient results
higher.
The visualized flow patterns are the following (Fig. 2b):
- at G=100 kg m-2 s-1 the stratified wavy flow pattern can be recognized in a wide range of vapor
qualities. The waves intensity and amplitude changes with quality but the liquid-vapor interface is
always clearly distinguishable. At x=0.27 the interface is smooth with some waves appearing from
time to time;
- at the mass velocity equal to 50 kg m-2 s-1 the flow pattern is smooth stratified for vapor quality
higher than 0.45. When decreasing the vapor quality the thickness of the liquid film increases
gradually. For vapor qualities equal to 0.26, intermittent flow can be recognized.
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Figure 2: Condensation of R134a at 40°C temperature in a 3.4 mm diameter tube in horizontal
configuration. a) Experimental heat transfer coefficient versus vapor quality. b) Flow pattern at
different vapor qualities

At these two mass velocities, in vertical downward configuration, the flow pattern is annular for the
whole range of vapor qualities (Fig. 3). During vertical annular flow, the liquid film forms a uniform
continuous film around the internal perimeter of the tube and the heat transfer coefficient depends
on the interface shear stress and the liquid film thickness. The interface, depending on the vapor
quality, is disturbed by waves with different amplitude.
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x = 0.68

x = 0.76
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Figure 3: Flow pattern, at different vapor qualities, during vertical downward condensation of
R134a at 40 °C saturation temperature in a 3.4 mm internal diameter tube
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Fig. 4a compares the heat transfer coefficient between the two channel inclinations (when
considering G=50 kg m-2 s-1 and horizontal configuration the saturation-to-wall temperature
difference has been limited between 12.9 K and 7.9 K). For both mass velocities, the flow pattern is
annular in the vertical configuration and stratified-wavy (for G=100 kg m-2 s-1) or smooth stratified
(for G=50 kg m-2 s-1) in the horizontal configuration. The difference in the flow pattern between the
vertical and the horizontal configuration produces a decrease of the heat transfer coefficient during
vertical downflow. In horizontal configuration, due to gravity, the liquid film thickness is thinned at the
top and in the middle of the tube while it becomes thicker at the bottom. This leads to an average
higher heat transfer coefficient in the horizontal configuration compared to the vertical configuration
in which the flow is annular. Toninelli et al. (2018) have shown, with numerical simulations by means
of the VOF method, that 85% of the heat transfer is exchanged in the upper part of the tube where
the liquid film thickness is thinner. The ratio between the heat transfer coefficient in horizontal and
that in vertical configuration can reach 0.45 at x=0.5 and 0.58 at x=0.7 for G=100 kg m-2 s-1.
While in the literature there are various correlations able to predict the condensation heat transfer
coefficient in horizontal configuration, very few models are available for vertical flow. In the present
case, the experimental data were compared against the predictions of the Shah (2016) correlation
which was developed for convective condensation inside tubes considering both the horizontal and
vertical configurations (Fig. 4b). When only the horizontal configuration is considered, the mean
absolute deviation of the Shah (2016) correlation is 12.9% and the standard deviation is equal to
8.4%. When the vertical configuration is considered, the predicted values from the correlation largely
deviates from the experimental ones: on average, the mean absolute deviation is equal to 52.4%
and the standard deviations equal to 14.7%.
b)

5000
G100 Horiz

HEAT TRANSFER COEFFICIENT [W m-2 K-1]

4500

G50 Horiz.

4000

G100 Vert.

3500

G50 Vert.

3000
2500
2000
1500
1000

500
0

0,0

0,1

0,2

0,3

0,4

5000

CALC. HEAT TRANSFER COEFFICIENT [W m-2 K-1]

a)

0,5

0,6

0,7

0,8

VAPOR QUALITY [/]

0,9

1,0

G100 Horiz.

4500

G50 Horiz.

4000

G100 Vert.

3500

G50 Vert.

+20%
-20%

3000
2500
2000
1500
1000
500

0

0

1000

2000

3000

4000

EXP. HEAT TRANSFER COEFFICIENT [W

m-2

5000

K -1]

Figure 4: Horizontal and vertical downflow condensation of R134a at Tsat=40 °C in a tube with
internal diameter equal to 3.4 mm. a) Experimental heat transfer coefficient versus vapor quality.
b) Predictions of the heat transfer coefficient with the Shah (2016) model

4. EFFECT OF THE FLUID PROPERTIES AND LIQUID FILM THICKNESS
MEASUREMENTS
4.1.

Effect of the Fluid Properties

The results obtained during vertical downflow condensation of R134a have been compared with
those obtained with R245fa in Figure 5a. Thermophysical properties of the two fluids are reported in
Table 1. In this section, the comparison is done to investigate the effect of the fluid properties on the
heat transfer coefficient and not to compare the performance of the two fluids in a condenser.
At the same mass velocity and saturation temperature, R245fa displays a higher heat transfer
coefficient: at x=0.5 the heat transfer coefficient of R245fa is 52% higher than that of R134a at G=50
kg m-2 s-1 and at G=100 kg m-2 s-1 is two times that of R134a. This is due to the liquid thermal
conductivity: R245fa has a higher liquid thermal conductivity compared to R134a. Moreover R245fa
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displays lower vapor density and thus higher vapor phase velocity, which increases the vapor shear
stress on the liquid film thickness. This causes a higher effect of the mass velocity on the heat
transfer coefficient compared to R134a.
A complete comparison between the two fluids should clearly account for the pressure drops, but
this is out of the scope of the present paper.
Table 1. Properties of saturated R134a and R245fa at 40°C saturation temperature computed with
REFPROP 9.1 (Lemmon et al. 2013)

R134a
R245fa
4.2.

psat [bar] ρL [kg m-3]
10.17
1146.7
2.5
1296.7

ρG [kg m-3] µL [µPa s] µG [µPa s] λL [W m-1 K-1]
50.1
161.4
12.4
74.7
14.1
328.6
10.9
83.6

Liquid Film Thickness Measurements
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The liquid film thickness is one of the most important parameters in modeling the condensation heat
transfer phenomena. Although many studies on liquid film thickness have been carried out,
quantitative data of annular liquid film especially in small channels are limited due to the technical
difficulties in measuring it. The confocal interferometry technique used in this study allows to detect
liquid film thickness in the range 20 μm to 300 μm without disturbing the two-phase flow.
Fig. 5b reports the heat transfer coefficient and the mean liquid film thickness measured during
vertical downflow condensation of R245fa at 40°C saturation temperature. The heat transfer
coefficients are those measured in the five sub-sectors of the test section while the liquid film
thickness is the one measured with the confocal probe at a certain axial position in the glass tube.
To get the values of the liquid film thickness at different vapor qualities, the heat flux in the first three
sub-sectors is changed varying water temperature and water flow rate. The liquid film thickness
measurements and the flow pattern visualizations are done simultaneously with the confocal sensor
and the high speed camera. The data from the confocal sensor are acquired for seven seconds.

VAPOR QUALITY [/]

Figure 5: Vertical downflow condensation of R134a and R245fa in a 3.4 mm diameter tube at 40°C
saturation temperature. a) Experimental heat transfer coefficient versus vapor quality of R134a
and R245fa. b) Experimental heat transfer coefficient and mean liquid film thickness for R245fa at
G=50 kg m-2 s-1

Fig. 6 reports the first 0.2 seconds of the confocal data acquisition (Fig. 6a) and four images of the
flow pattern acquired at 0.07, 0.08, 0.09 and 0.1 seconds (Fig. 6b) for R245fa at G=50 kg m-2 s-1 and
x=0.52. In Fig. 6a, the white points are the instantaneous measurements of the local film thickness
while the green line represents the mean liquid film thickness during the seven seconds. At this
working condition, the liquid film thickness keeps changing due to the waves in the flow pattern, as
can be seen in Fig. 6b looking at the liquid film in the correspondence of the confocal sensor
measurement line. The mean value of the liquid film thickness is equal to 108 μm. The measured
values of the mean liquid film thickness varying the vapor quality can be seen in Figure 5b. It has an
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opposite trend compared to the heat transfer coefficient: the mean liquid film thickness decreases
with the vapor quality while the heat transfer coefficient increases. This emphasis the important
correlation between the heat transfer coefficient and the liquid film thickness showing that during
vertical condensation of R245fa at G=50 kg m-2 s-1 the heat transfer coefficient is given by heat
conduction and convection across the liquid film.
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Figure 6: Temporal evolution of the liquid film thickness during vertical downflow condensation of
R245fa at 40°C saturation temperature in a 3.4 mm internal diameter tube (G=50 kg m-2 s-1 and
x=0.52). a) Liquid film thickness measurements. b) Images of the flow pattern

5. CONCLUSIONS
The purpose of this work was to present the condensation heat transfer mechanisms at low mass
velocities which are less studied but often encountered when the refrigeration equipment works at
partial loads. The condensation heat transfer coefficient of R134a was measured in horizontal and
vertical downflow configuration at mass velocity equal to 50 and 100 kg m -2 s-1 and 40°C saturation
temperature. In horizontal configuration, the gravity force pushes the liquid to the lower part of the
tube thinning the liquid film at the top compared to the vertical case. The visualization of the flow
pattern clearly shows that in horizontal configuration the flow is stratified-wavy and stratified smooth
while in vertical it is always annular. This difference in the flow pattern leads to a higher heat transfer
coefficient, at the same working conditions, when the tube is in horizontal. The ratio of heat transfer
coefficient in vertical downflow to that in horizontal can be as low as 0.45 at G=100 kg m-2 s-1 and
x=0.5. During vertical downflow the heat transfer coefficient has been measured also with R245fa.
In this case besides the heat transfer coefficient and flow pattern visualizations, the liquid film
thickness has also been measured using a confocal sensor placed in correspondence of a glass
tube. This technique allows to measure the liquid film thickness without disturbing the two-phase
flow. For R245fa during vertical downflow condensation at G=50 kg m-2 s-1 and x=0.52, the mean
value of the liquid film thickness is equal to 108 μm and the heat transfer coefficient decreases as
the film thickness increases.
Unfortunately, although available correlations can predict pretty well the heat transfer coefficient in
horizontal channels, the accuracy in vertical configuration is not satisfactory. The simultaneous
knowledge of heat transfer coefficient, flow pattern and liquid film thickness can lead to more
accurate design models in this case.
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NOMENCLATURE
A
c
d
G
h
HTC

exchange surface area (m2)
specific heat (J kg-1 K-1)
hydraulic diameter (m)
mass velocity (kg m-2 s-1)
specific enthalpy (J kg-1)
heat transfer coefficient (W m-2 K-1)

LFT
ṁ
p
q
T
x

liquid film thickness (μm)
mass flow rate (kg s-1)
pressure (Pa)
heat flow rate (W)
temperature (K)
thermodynamic vapor quality (-)

α
ΔT
λ

heat transfer coefficient (W m-2 K-1)
temperature difference (K)
thermal conductivity (W m-1 K-1)

µ
ρ

dynamic viscosity (µPa s)
density (kg m-3)

G
i
in
L

vapor
i-th element
inlet
liquid

m
out
ref
sat
w

mean
outlet
refrigerant
saturation
wall

Greek symbols

Subscripts
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ABSTRACT
The growing environmental concerns and advanced technologies are convincing researchers to
revisit CO2 refrigeration. Due to a low critical temperature of CO 2, the refrigeration system work in
the transcritical cycle for high ambient temperature conditions. It is important to identify the optimum
gas-cooler pressure above the critical point to obtain the maximum COP. This paper presents the
experimental analysis of the performance of two-stage cooling, low temperature (-31 °C) and
medium temperature (-8 to -4 °C) with a booster system and heat recovery. The experimental setup
is designed for optimum gas cooler pressure and equipped with a multi-ejector rack to reduce
the throttling losses. The effect of gas cooler temperature, receiver pressure and internal heat
exchanger (IHEX) on the performance of CO2 refrigeration system are experimentally investigated.
It is observed that an optimum receiver pressure exists where the COP is maximum and the system
with IHEX has better performance.
Keywords: Transcritical, CO2, Ejector, Heat Recovery

1. INTRODUCTION
Environmental issues mainly global warming and stringent environmental regulation have turned the
attention of the researchers towards the natural working fluids such as carbon dioxide, propane and
other hydrocarbons in the refrigeration and air-conditioning systems. Among these natural
refrigerants, CO2 has gained more attention in refrigeration and air-conditioning because CO2 is a
non-toxic, non-flammable refrigerant and have excellent heat transfer and transport properties
(Lorentzen and Pettersen, 1993). These properties include a higher density, latent heat, and
volumetric cooling capacity, and lower viscosity. Due to the low critical temperature of CO2 (31.1°C),
CO2 system operates in a transcritical region at high ambient temperature and heat rejection takes
place by cooling the compressed CO2 in supercritical region, while heat absorption in the evaporator
remains subcritical. In the supercritical region temperature and pressure are independent to each
other and slope of isotherms becomes almost flat near the critical point and become stepper with
increasing pressure, hence an optimum discharge pressure exists where COP of the system
becomes maximum (Kauf, 1998). The high-pressure side of the CO2 refrigeration system is in the
supercritical region because of that throttling losses are more, and ejector can be used to reduce
these losses (Sumeru et.al. 2012). Throttling losses can also be reduced using internal heat
exchangers in the transcritical CO2 refrigeration systems by reducing the optimum discharge
pressure but internal heat exchangers have an adverse effect on some others the refrigerants
system such as R22 (Kim et al., 2004). Li and Groll (2005) investigated theoretically the performance
of transcritical CO2 refrigeration cycle with ejector as an expansion device. They found that the
ejector expansion cycle has a 16% higher COP than the standard cycle. Yari and Siriousazar (2007)
investigated the performance of transcritical CO2 refrigeration cycle with ejector as an expansion
device based on the second law of thermodynamics. They found that the ejector cycle has 24.8%
more second law efficiency compared with the standard CO2 cycle and 16% compared with the
internal heat exchanger system. Domanski (1995) found that the ejector efficiency also affects the
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performance of the ejector expansion refrigeration cycle. Parallel compression is proposed by Hafner
et al. (2012) to improve the performance of CO2 booster refrigeration system in warmer climates.
Chesi et al. (2014) had done thermodynamic analysis to find out the effect of compressor volumetric
flow ratio and separator efficiency on CO2 system performance with the parallel compression CO2
cycle. Sarkar and Agrawal (2010) investigated that a parallel compressor can improve the
performance up to 47.3% compared with standard gas-bypass system and had done
thermodynamics analysis of CO2 refrigeration system and found that the optimum heat rejection
pressure depends on the gas-cooler outlet temperature evaporator temperature and the
performance of the compressor.
In this paper, the performance of two-stage cooling, medium temperature (-8°C to -4°C) and low
temperature (-31°C) with booster system and heat recovery is experimentally analysed for different
environmental temperatures. The evaporators capacities are 3 and 15 kW for low and medium
temperature applications respectively. The experimental setup is designed for optimum gas-cooler
pressure and equipped with an auxiliary compressor and a multi-ejector rack to reduce the load on
the main compressor. In this study, the effect of gas-cooler temperature, Intermediate receiver
pressure and Internal heat exchangers on the performance of CO2 refrigeration system are
experimentally investigated.

2. EXPERIMENTAL SETUP AND SYSTEM DESCRIPTION
Fig. 1 shows a parallel compression booster system with heat recovery and multi-ejector rack. The
multi ejector rack, contains 4 vapour ejectors having capacities 6 kW, 12 kW, 25 kW and 50 kW and
2 liquid ejectors all are fixed geometry ejectors of different throat diameter, connected parallel to
each other. Fig. 2 shows the model of Danfoss vapour ejector which is used in this system. A highpressure control valve (tv-1) is also mounted on the skid parallel to the vapour ejector. This control
valve works only when any ejector primary nozzle throat is not chocked otherwise it is in off condition.

Figure 1: Schematic of the experimental setup.

The vapour ejector uses the energy of high-pressure refrigerant coming from the gas-cooler and
entrained some of the vapour from the liquid accumulator and send it to the IP receiver. This reduces
the load of the medium temperature (MT) compressor and total power consumption.
Solenoid valves are mounted on the motive side of the ejector to match the required capacities with
changing the ejector combination by switching on or off the necessary ejector. The liquid ejector
(LEj) is used to pump the liquid from liquid accumulator to the IP receiver and it starts working only
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when MT evaporator starts flooding and the liquid in the accumulator reaches the specified level.
The liquid accumulator is used to providing superheated or saturated vapour at the suction of the
MT compressor and secondary side of the ejector and IP receiver is used as a flash tank to sperate
the two-phase refrigerants into liquid and vapour at an intermediate pressure. The vapour from IP
receiver first passes through IHEX-1, exchange the heat and gain some superheat then passes
through oil receiver to cool the high-temperature oil before supplying to compressors.
An auxiliary compressor is used to draw the vapour from the intermediate pressure (IP) receiver
(Flash Tank) generated after the expansion of high-pressure fluid coming from gas-cooler. Thus, the
vapour is compressed from intermediate pressure to the high pressure, allowing the system to
reduce energy consumption. If the amount of flash gas is lower than the minimum volume flow rate
of the auxiliary compressor, all flashed vapour is throttled by throttling valve (tv-2) and send it to the
liquid accumulator and if the amount of flashed vapour is more than the maximum volume flow rate
of the auxiliary compressor then extra flashed vapour is throttled by throttling valve (tv-2) and send
it to the liquid accumulator so it maintains constant pressure in the IP receiver. The pressure at MT
and LT evaporator is maintained using Danfoss electronic expansion valve tv-3 and tv-4 respectively.
An intercooler is used at the exit of low temperature (LT) compressor to desuperheat the refrigerant
before mixing at the suction of the MT compressor to reduce the suction superheat and save power
consumption. Three internal heat exchangers are used in this system to provide subcooling, one at
the exit of gas-cooler and the other two at the common liquid line coming from IP receiver. Two types
of test are conducted on this system to know the effect of IHEX after the gas-cooler on the system
performance. In test-1 all IHEX is used but in test-2 IHEX-1 is bypassed, but other two IHEX-2 and
IHEX-3 is always in the flow line.
Solenoid valves
High pressure
transmitters

Motive flow inlet
from Gas-cooler

MT pressure
transmitters

Vapor suction from
liquid accumulator

Receiver pressure
transmitters

Mixed flow outlet
to IP receiver
Dummy

Figure 2: Schematic of vapour ejector (Danfoss Data Sheet).

A heat recovery unit is also accommodated in the system before the gas-cooler to utilize the waste
heat after the compression process of the refrigerant and the extra heat rejected to the environment
using gas-cooler. A glycol tank is employed, contains propylene glycol and water mixture with a
concentration of 50% to extract the heat from heat recovery and maintain the load of MT evaporator.
A secondary glycol loop with 55% concentration of propylene glycol is also employed to exchange
the heat from LT evaporator. In the experimental setup, Dorin semi-hermetic compressors of different
models are used. Auxiliary compressor (CD-1300H), MT compressor (CD-700H), and LT
compressor (CD-300H) having a volumetric flow rate of 8.92, 4.34 and 1.46 m3 hr −1 respectively at
50 Hz.

3. SYSTEM PERFORMANCE CALCULATIONS
In this paper, all results are analysed for steady state conditions. For steady state condition, cooling
capacities of both the evaporator and heat recovery are calculated using energy balance across the
heat exchangers because of both mass flow rate and temperatures across heat exchangers were
measured on the glycol loop. Flow meters are mounted on the propylene glycol loop to reduce the
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pressure losses in the CO2 system. Temperature and pressure transducers are attached at inlet and
outlet of every component. LT and MT evaporator capacities are calculated using equation 1.
𝑄̇𝑒𝑣𝑎𝑝 = 𝑚̇𝑔,𝑒𝑣𝑎𝑝 ∗ [𝐶𝑝,𝑔,𝑖𝑛 ∗ (𝑡𝑖𝑛,𝑔 + 273.15) − 𝐶𝑝,𝑔,𝑜𝑢𝑡 ∗ (𝑡𝑜𝑢𝑡,𝑔 + 273.15)]

Eq. (1)

where Cp is the specific heat capacity of the glycol and calculated using Engineering Equation Solver
(EES) and found that it is a linear function of temperature.
𝐶𝑝 = 0.0038𝑡𝑖 + 3.4531, for 50% glycol concentration in MT evaporator and heat recovery loop.
𝐶𝑝 = 0.0042𝑡𝑖 + 3.3522, for 55% glycol concentration in LT evaporator loop.
where 𝐶𝑝 is in (𝑘𝐽𝑘𝑔−1 𝐾 −1 ) and 𝑡𝑖 is in °𝐶
The mass flow rate of CO2 in the evaporators are calculated by energy balance across the
evaporators.
Eq. (2)

𝑚̇𝐶𝑂2 = 𝑄̇𝑒𝑣𝑎𝑝 ∗ (ℎ𝑜𝑢𝑡 − ℎ𝑖𝑛 )−1

Waste heat recovery after the compression of the refrigerants is calculated using equation 3.
𝑄̇𝐻𝑅 = 𝑚̇𝑔,𝑒𝑣𝑎𝑝 ∗ [𝐶𝑝,𝑔,𝑜𝑢𝑡 ∗ (𝑡𝑜𝑢𝑡,𝑔 + 273.15) − 𝐶𝑝,𝑔,𝑖𝑛 ∗ (𝑡𝑖𝑛,𝑔 + 273.15)]

Eq. (3)

Cooling coefficient of performance is calculated by using equation 4.
−1

𝐶𝑂𝑃(𝑅) = (𝑄̇𝐿𝑇 + 𝑄̇𝑀𝑇 ) ∗ (𝑊̇𝐿𝑇 + 𝑊̇𝑀𝑇 + 𝑊̇𝐴𝑈𝑋 )

Eq. (4)

System coefficient of performance with cooling and heating is calculated by using equation 5.
−1
𝐶𝑂𝑃(𝑅+𝐻) = (𝑄̇𝐿𝑇 + 𝑄̇𝑀𝑇 + 𝑄̇𝐻𝑅 ) ∗ (𝑊̇𝐿𝑇 + 𝑊̇𝑀𝑇 + 𝑊̇𝐴𝑈𝑋 )

Eq. (5)

The performance of ejector is measured with three parameters pressure ratio, entrainment ratio and
ejector efficiency.
Pressure ratio (𝑃𝑟 ): It is defined as the ratio of outlet pressure of ejector to the suction (secondary
fluid) pressure and for this refrigeration system it is expressed as
−1
𝑃𝑟 = 𝑃𝐼𝑃 ∗ 𝑃𝑒𝑣𝑎𝑝,𝑀𝑇

Eq. (6)

Entrainment ratio (𝜔): It is defined as the ratio of secondary (entrained) mass flow rate to motive
mass flow rate and it is expressed as
−1
𝜔 = 𝑚̇𝑒𝑛𝑡𝑟𝑎𝑖𝑛𝑚𝑒𝑛𝑡 ∗ 𝑚̇𝑚𝑜𝑡𝑖𝑣𝑒

Eq. (7)

Ejector efficiency (𝜂𝑒𝑗𝑒𝑐𝑡𝑜𝑟 ): It is defined as the ratio of the amount of expansion work recovered to
the maximum potential to recover the expansion work by the ejector (Elbel and Hrnjak, 2008)
𝜂𝑒𝑗𝑒𝑐𝑡𝑜𝑟 = 𝜔 ∗ [ℎ𝑐 (𝑠𝑠𝑢𝑐𝑡𝑖𝑜𝑛 , 𝑃𝑜𝑢𝑡 ) − ℎ𝐷 (𝑠𝑠𝑢𝑐𝑡𝑖𝑜𝑛 , 𝑃𝑠𝑢𝑐𝑡𝑖𝑜𝑛 )] ∗ [ℎ𝐴 (𝑠𝑚𝑜𝑡𝑖𝑣𝑒 , 𝑃𝑜𝑢𝑡 ) − ℎ𝐵 (𝑠𝑚𝑜𝑡𝑖𝑣𝑒 , 𝑃𝑜𝑢𝑡 )]−1
Eq. (8)
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4. RESULTS AND DISCUSSIONS
To assure that the system is operating at the optimum gas-cooler pressure and meet the load
requirement, the controller that simultaneously adjusts the speed of the compressors and the
opening of the throttling valve when it is required. While conducting the experiments receiver
pressure is varied from 42 to 48 bar and LT evaporator temperature is kept at -31°C and MT
evaporator temperature is varied from -8 to -4 °C. All the data are taken from the system manager
during the experiment, only when the system reaches steady state condition at the step size of 5
seconds and a total of 30 minutes for every input condition. Initially, when the system is started it
takes around 1 hour to reach the steady state, where the fluctuation of pressure and temperature is
about ±0.5 bar and ±1°C respectively. Temperature and pressure transducers are attached at inlet
and outlet of every component. Fig. 3 shows the process flow of the transcritical CO2 refrigeration
system with ejector expansion and internal heat exchangers on the p-h chart. There is an optimum
gas-cooler pressure in transcritical CO2 refrigeration system where the system has maximum COP
for a given gas-cooler exit temperature. The experimental setup used for performance analysis
automatically controls the optimum gas-cooler pressure for a given gas-cooler exit temperature.
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Figure 3: p-h chart of the system with IHEX.

Gas cooler pressure (bar)

104

te = -8 C
Prec = 44 bar

100

96
92
88

36

39
42
Gas cooler temperature ( C)

45

Figure 4: Effect of gas-cooler temperature on optimum gas-cooler pressure.

As the gas-cooler exit temperature increases the optimum gas-cooler pressure also increases and
it is an almost linear function of gas-cooler temperature as shown in the Fig. 4 this is because the
isothermal line becomes almost flat near the critical point and then it became almost steeper as
shown in the Fig. 3. Fig. 5 shows that the variation of cooling COP with gas-cooler outlet temperature.
An almost linear relationship is observed between the gas-cooler temperature and COP. COP of the
system starts decreasing as the gas-cooler temperature increases for a specific evaporator
temperature. This is because the optimum gas-cooler pressure increases with an increase in gas-
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Figure 6: Effect of receiver pressure on cooling COP.

cooler temperature causes the increase in pressure ratio and power consumption of the compressor.
Fig. 5 also shows that with increases in MT evaporator temperature COP also increases because
the suction pressure of the MT compressor is more for higher evaporating temperature. Fig. 6 shows
the variation of COP with receiver pressure. COP first increases and achieve maximum COP near
receiver pressure of 44 bar then start decreasing with an increase in receiver pressure. This is
because the pressure lift of secondary fluid in the ejector is increased with increase in receiver
pressure cause deterioration in the performance of the ejector i.e. ejector will suck less vapour from
the liquid accumulator and load on MT compressor increases cause an increase in power
consumption.
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Figure 7: Comparison of cooling COP of the system with and without IHEX.
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Fig. 7 shows that the system with IHEX-1 is higher COP than the without IHEX-1. This is because
with the use of IHEX-1, not only subcooled the high-pressure fluid coming from gas-cooler but also
reduce the optimum compressor discharge pressure. Due to less pressure ratio volumetric efficiency
of compressor increases because of this mass flow rate also increases. Because of subcooling of
high-pressure fluid, the specific enthalpy difference across the evaporator increases and combined
effect increase the cooling capacity but subsequently, it adds superheat to flashed vapour cause
increment in the auxiliary compressor work consumption, but the overall effect causes the increment
in COP. In this system, 2 to 5°C Subcooling is achieved for high-pressure fluid and 3 to 10% COP
improvement is seen in his system. With this analysis, it can be said that 1-2% improvement in COP
can be achieved using internal heat exchangers for per 1°C subcooling.
CO2 system has high potential to recover the waste heat after the compression process. Due to the
higher isentropic exponent of CO2, temperature after the compression process reached beyond
130°C. This recovered heat can be utilized for domestic water heating and underfloor heating in the
stores according to the seasonal demand. Fig. 8 shows that effect gas cooler temperature on
combined cooling and heating COP of the system. It can be clearly seen from fig.8 the combined
COP of the system decreases with increase in gas-cooler temperature, this is because of increases
in gas-cooler pressure, the optimum compressor discharge pressure increases cause an increment
in power consumption

5. CONCLUSIONS
The analysis shows that the optimum gas-cooler pressure mainly depends on the gas-cooler outlet
temperature. To assure that the system is operating at the optimum gas-cooler pressure and meet
the load requirement, the controller will simultaneously adjust the opening of the high-pressure
regulating valve and speed of the compressors. System performance is deteriorating when the gascooler temperature increases and system performance also depends on the receiver pressure. 510% improvement in COP can be achieved with the addition of IHEX in the transcritical CO2
refrigeration systems. If we use CO2 refrigeration system for both cooling and heating simultaneously
then system performance is comparable with the synthetic refrigerants.
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NOMENCLATURE
𝑊̇
𝑚̇
𝑄̇

Compressor work (kW)
Mass flow rate (kgs −1 )
Capacity of heat exchanger (kW)

T
h
𝐶

Subscript
LT
Low temperature
MT
Medium temperature
g
Glycol
tv
Throttling valve
p
Pressure

MT
AUX
e
HR
gc

Temperature (°C)
Enthalpy (kJ/kg)
Specific heat (kJ/kg K)
Medium temperature
Auxiliary
Evaporator
Heat recovery
Gas-cooler
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ABSTRACT
As refrigeration and heat pump industries use more and more mixtures as refrigerants it is useful to
measure the composition of the fluid at different locations in the machine. For our own research
purposes on mixture based cycles, we have implemented an online non-intrusive technique based
on infrared spectroscopy.
This paper describes the apparatus used and also the data treatment that allows to extract valuable
information from the recorded spectra. The calibration of the method for a given mixture is obtained
by recording spectra with known concentrations, pressure and temperature. Partial least squares
(PLS) or principal component regression (PCR) statistical methods are used to build a model. Then
compositions can be determined for unknown mixtures.
Results are presented for CO2+Propane mixtures. The sensitivity of the method to baseline
treatment is tested. The best accuracy obtained so far is of the order of 2%
The method is well tested and can be applied to other mixtures.
Keywords: Refrigerant Mixtures, CO2, Propane, Spectroscopy, Composition Measurement.

1. INTRODUCTION
International regulations on the use of working fluids in the refrigeration and heat pump industry
become more restrictive. Therefore, industries are considering the use of natural fluids including
CO2 (R744). However, CO2 has some drawbacks like its low critical temperature and high working
pressures (Ma et al. 2004). We are investigating in our laboratory the possibility to use a mixture of
CO2 with another compound to improve the performances. As part of this work, we have
implemented a heat pump with composition measurements at different positions in the loop
(Bouteiller, 2017). The present article will describe the composition measurement technique that is
used and the tests of the accuracy.

2. EXPERIMENTAL SETUP
The test heat pump is described on Fig. 1. It is a classical one stage loop with a scroll compressor,
two plate heat exchangers for the evaporator and the gas cooler, an electronic expansion valve and
also an internal heat exchanger. The test loop is equipped with all needed instrumentation,
temperature and pressure sensors and mass flow meters. The latter are also used to measure the
density of the fluid, which as we shall see is necessary for our composition measurements. At
different places in the loop, optical cells are inserted in the circuit so that light can pass through the
fluid to perform our measurement. The light generated by a source in the spectrometer is routed to
the cell by an optical fiber. The light transmitted by the cell is then returned to a detector in the
spectrometer.
An optical multiplexer is used to choose between the different optical cells to be analyzed.
Then, the signal is treated to yield an absorption spectrum specifying the amount of absorbed light
for each wavelength 𝜆 (or its reciprocal, the wavenumber 𝜎 = 𝜆$% ). The treatment of the signal to
extract valuable information (namely compositions) will be described in the next section.
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Figure 1: Experimental setup (dotted lines are optical fibres)

3. DATA TREATMENT
An example of a mixture spectrum compared to spectra of the pure species is shown on Fig. 2. It
can be seen on this figure that the peaks of the spectra of the pure species are also present in the
mixture spectrum. In principle, the absorbance should be proportional to the concentration of the
species (Beer-lambert law). However, the peaks are distorted, widened and lowered by different
physical phenomena. Hence, in practice, it is difficult to relate the concentration to absorption in a
simple way. Therefore, we rely on a statistical treatment of a large number of absorption values. In
this case, our spectra are recorded in the range 4500 − 10000 𝑐𝑚$% with a resolution of 1 𝑐𝑚$%
which means one spectrum consists in 5500 absorption values.

Figure 2: Spectra of pure CO2 and propane along with mixture spectrum. The mixture spectrum
exhibits structures found on both spectra of the pure species
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Chemometric methods have been developed in the last decades for these purposes. Also known as
multivariate calibration, these are statistical methods used to relate some physical or chemical
properties to the spectra (Martens and Naes, 1989; Varmuza and Filzmoser; 2009, Wehrens, 2011).
3.1.
Principal Component Regression (PCR)
The principle of the method is to reduce the dimension of the space of variables to only the most
significant ones. Here, we have 5500 variables i.e. a vector space with 5500 dimensions where
absorption data for each wavenumber are the coordinates. The idea is to find the few (less than 10)
principal directions of this space (those which retain the most significant coordinates) and then to
project the data to this little subspace. It is then easy to solve the problem in this reduced space. An
example is shown in two dimensions to visualize the concept on Fig. 3. Here two coordinates x, y
describe the data but if they are projected to the oblique axis, we end up with only one coordinate
that retains the most significant characterization of the data and the coordinate in the orthogonal
direction may be considered as noise. Technically, this corresponds to the highest eigen values of
the covariance matrix of the original data.

Figure 3: Projection on principal axis of a set of data (example in two dimensions)

3.2.
Calibration
The principal components are defined by an analysis of the data for a given set of spectra named
the calibration or the training set. In this case it is a collection of 𝑛 spectra for which the composition
is known (here the concentration of CO2 and propane in the mixture). We want to relate the
concentrations 𝑌 to the spectra 𝑋 by a linear relationship of the form:
𝑌 = 𝑋𝐵2
Where 𝑌 is a matrix (𝑛 rows x 2 columns) containing the concentration data for the 𝑛 calibration
spectra and 𝑋 is a matrix (𝑛 rows x 5500 columns) containing the n spectra. 𝐵2 is the transpose of 𝐵
which is a big matrix with too many coefficients. The system is underdetermined because we have
far less than 5500 calibration spectra.
This is where principal components analysis comes into play. The data are projected on a small
subspace with only a few dimensions and we end up in the new space with a reduced system of the
form:
𝑌 = 𝑈𝐴2
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Where 𝑈 is the matrix of the data in the new coordinates and 𝐴 the matrix of the coefficients of the
relation in the new space. Since we have here more spectra than variables, a least squares fit is
possible to determine the coefficients. This is what PCR calibration does.
Once the coefficients are determined, it is easy to treat a new spectrum with unknown concentration
by projecting the data in the new space and then solving for 𝑌. (i. e. the concentrations that we want
to determine)
3.3.
Calibration data
It is necessary to collect the concentrations of CO2 and propane for the calibration spectra in order
to determine the coefficients of the model.
In order to do that, we have implemented micro samplers on the experimental loop and use gas
chromatography to measure the composition of the fluid. However, spectra are related to the
concentration of each species in the mixtures while gas chromatography can only measure the mole
fractions. Hence, it is necessary to measure the overall density 𝜌789 of the fluid in order to determine
the concentrations as:
c; = <

<= >?@A
B CB D<E CE

Eq. (1)

Where x; are the molar fractions of the species and M; are the molar masses. Note that molar
concentrations c; are defined as the number of moles per unit volume i.e.
c8 =

H=
I

Where 𝑛8 are the number of moles in the volume 𝑉.

Figure 4: Baseline correction (original spectrum: solid line; corrected: dotted line)

3.4.
Partial Least Squares (PLS)
Partial least squares is similar except that unlike for PCR, the data in 𝑌 (i.e. here concentrations) are
also used in the process of determination of the principal axes. Technically, the covariance of data
in 𝑌 and 𝑋 are also taken into account. The principal axes are slightly different and generally, so are
the prediction results. We shall see later that in our case, it does not make a big difference on the
predicted concentrations. There are different algorithms giving nearly identical results (Wold et
al.,1984; Geladi, 1986; de Jong , 1993; Dayal, 1997). We used here the so called kernel algorithm
(Dayal, 1997).
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3.5.
Cross Validation
In order to test the validity of the model during the calibration process, it is customary to divide the
calibration set in a number of segments, exclude one segment from the calibration process and then
test the prediction on the segment spectra. This is repeated for each segment and the prediction
errors are evaluated to validate (or not) the model (Wehrens,2011). In the following we used a 10
segments cross validation procedure. Technically, the root mean squared error of prediction
(RMSEP) is used. The latter is defined as:
%

U

W

𝑅𝑀𝑆𝐸𝑃 = P Q∑P8X%S𝑦8 − 𝑦87 V

Eq. (2)

U

Where 𝑦8 are the predicted values and 𝑦87 are the measured ones.
3.6.
Baseline Correction
Due to different physical phenomena (reflection on cell interfaces, refraction index of the fluid …),
the recorded spectrum is usually shifted from its baseline as can be seen on figure 4. It is customary
to correct the spectrum to set its value to zero in regions where no absorption occurs. This was done
here by fitting a straight line to the “no absorption” zones and then subtracting it to the spectrum. On
figure 4, the solid line is the original spectrum and the corrected one is the dotted curve.

4. RESULTS AND DISCUSSION
An example of the results will be presented here. A total of 121 spectra were used in this case. They
were recorded at the inlet of the expansion valve in the circuit of the heat pump. 71 spectra were
randomly chosen among these to build the training set. The remaining 50 spectra were used to test
the predictive value of the final model generated with the whole set of calibration spectra.

Figure 5: Root mean Squared error of prediction as function of number of principal components used

We tried different strategies in order to evaluate the best one for our purposes.
Here the results of a typical run of the data treatment are presented in some detail, then they will be
compared with a few others.
We use here, the whole spectrum without selecting specific spectral bands. Also, no baseline
correction was performed in this case. The algorithm used was PLS and a cross validation test is
performed with 10 random samples.
Figure 5 shows plots of the Root Mean Squared Error of Prediction (RMSEP, Eq. (2)) estimated by
the cross-validation algorithm as a function of the number of principal components used. This is used
to determine how many of those components will be used to achieve a sufficient accuracy. It is clear
here that using 6 principal components is a good choice as the precision is not much improved when
using more.
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The prediction of the final model has then been tested against the 50 spectra in the validation set.
The mean relative error and the maximum relative error are reported in table 1 (as %).
_
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Fig. 6 shows the predicted concentration versus the measured one for both fluids. It appears that
the model gives a better prediction accuracy for CO2 than for propane.

Figure 6: Predictions for propane and CO2 concentrations on validation set

The deviation plot shown on figure 7 also shows how the errors are distributed for the different points.
As can be seen on these figures, most of the deviations lie below 0.6% for propane concentrations
and below 3% for propane concentrations.
As a further test of the consistence of the model, the density of the mixture was calculated from the
predicted values of the concentration:
𝜌789 = 𝑀% 𝑐% + 𝑀W 𝑐W

Eq. (3)

Where 𝑀8 stand for molar mass of chemical component 𝑖 and 𝑐8 stand for molar concentration of
species 𝑖.
Most surprisingly, such calculated densities match the measured ones better than predicted
concentrations (at least for propane) as may be seen in table 1 where the mean and maximum
deviations are reported for correlated data and predicted data.
This is perhaps because those 3 parameters are correlated and also perhaps because the accuracy
of our measurements on densities is better than our mole fractions measurements (mostly on
propane). Remember here that the concentrations were calculated by equation (1) which uses both
densities and molar fractions (and also molar masses, but those are constants).
When density data are considered in the calibration process, the precision is not always improved
Also, in some cases, the density calculated from the predicted concentrations may be slightly more
accurate. However, all these errors are of the same order.
When PCR is used, adding the density data in the calibration procedure doesn’t change at all the
prediction on other parameters as if each parameter was predicted independently.
Baseline correction doesn’t seem to make a big difference. It doesn’t always improve the accuracy.
This is perhaps because all spectra here were recorded with the same optical cell with the same
optical path and fibers. It remains to be seen if it would have been the same with different optical
cells where the baseline may have a different shape. This will be tested in future work.
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Figure 7: Relative prediction errors distribution

It is interesting to see if including the densities in the calibration process would improve the
prediction. To this end, we performed such tests with 3 variables, mixture density and both
concentrations for CO2 and propane. The results are similar and the deviations have been reported
in Table 1.
Table 1. Relative deviations (%) on calculated properties (correlation data for spectra in the
calibration set, used in the calibration process) and prediction errors (calculated for spectra in
the validation set, not used in the calibration)

Correlation data
CO2
R290
concentration
concentrattion
Mean
Max
Mean Max
error
error
error
error

Measured
Density
Mean
Max
error
error

Calculated
density
Mean
Max
error
error

Baseline
correction

Algorithm

0,32
0,25
0,48
0,54

1,06
0,82
1,53
1,50

1,27
1,32
1,49
1,60

4,48
6,12
5,20
6,03

NA
NA
NA
NA

NA
NA
NA
NA

0,26
0,21
0,49
0,54

1,19
0,97
1,65
1,76

NO
YES
NO
YES

PLS
PLS
PCR
PCR

0,35
0,27
0,48
0,54

1,07
0,86
1,53
1,50

1,19
1,27
1,49
1,60

4,48
5,66
5,20
6,03

0,26
0,20
0,48
0,53

1,18
0,87
1,64
1,77

0,26
0,19
0,49
0,54

1,18
0,88
1,65
1,76

NO
YES
NO
YES

PLS
PLS
PCR
PCR

Prediction data
0,29
1,15
0,30
1,03
0,35
1,26
0,40
1,17

1,35
1,45
1,58
1,56

4,57
4,41
5,20
4,02

NA
NA
NA
NA

NA
NA
NA
NA

0,23
0,22
0,39
0,43

0,80
0,80
1,21
1,07

NO
YES
NO
YES

PLS
PLS
PCR
PCR

1,30
1,43
1,58
1,56

4,64
4,09
5,20
4,02

0,23
0,21
0,39
0,44

0,67
0,83
1,25
1,15

0,22
0,20
0,39
0,43

0,72
0,79
1,21
1,07

NO
YES
NO
YES

PLS
PLS
PCR
PCR

0,33
0,31
0,35
0,40

1,15
0,99
1,26
1,17
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Here, errors on concentrations are reported because the spectral method is sensitive to
concentrations, not mole or mass fractions. However, mole fractions can be calculated easily from
concentrations and then compared to values measured by chromatography. This has been done for
the 50 spectra in the prediction test set. The average relative deviation on mole fractions is 1.3% for
propane and 0.25% for CO2. The maximum observed relative deviations are 4.3% for propane and
1% for CO2. These values are consistent with those reported for concentrations in table 1. They are
also consistent with, the uncertainties of mole fractions measured by chromatography that were
estimated as 4% for propane and 2% for CO2.
Note also that in this particular case, mass fractions are the same as mole fractions because both
fluids have the same molar mass (i.e. 44 g/mol).

5. CONCLUSIONS
A method for measurements of concentrations of species in refrigerant mixtures by spectroscopy
and statistical chemometry procedures was presented and tested on a CO2+propane experimental
heat pump. Different treatments of the recorded spectra were presented and compared. The
uncertainty in the calculated concentrations is similar in most cases. It is of the order of 1% of the
measured value for CO2 concentrations and 3% of the measured value for propane concentrations.
It is also shown that the overall density can be predicted by this kind of methods with an accuracy of
the order of 0.5%. It seems that the precision on concentrations can be improved if the data used for
calibration are more accurate. This will be investigated in future work.
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ABSTRACT
The heat transfer coefficient in nucleate boiling is mainly determined by the heat flux, the saturation
pressure, the thermophysical properties of the liquid and the properties of the material and the
structure of the heating surface. However, new prediction methods for the heat and mass transfer
in boiling will be required in future to replace the empirical correlations used until now, since they
are inexact for many cases. Recently, new correlations have been established to describe the
influence of the physical properties in nucleate boiling. In this context, the heat transfer for different
hydrocarbons boiling on the outside of a horizontal tube (mainly of copper) with defined surface
properties will be presented and compared to the new correlations from literature. The results show
that the equation developed recently is only valid for limited applications of pure fluids and within
certain boundary conditions. A proposal for the modification of the correlation is presented.
Keywords: pool boiling, cavity, evaporation, heat transfer

1. INTRODUCTION
Evaporation in free convection, so-called pool boiling, is used in refrigeration, e.g. in the
evaporation of a refrigerant on the outside of the heat transferring surfaces of tube bundles in heat
exchangers. In the case of evaporation, in particular in nucleate boiling, high heat fluxes are
transmitted very efficiently at low temperature gradients. It is important to make all components
and their interaction more efficient, i.e. to minimize the exergetic losses, for the optimization of the
entire refrigeration process. Therefore the design of the heat exchanger is an essential part of
reducing costs and increasing the efficiency of the entire system.
The design of flooded evaporators is usually done with empirical correlations, which are based on
more or less accurate experimental data. Hence an accurate calculation of the heat transfer is only
allowed for very specific (or even unknown) secondary conditions. Any errors in the correlations
are compensated by high safety factors in the calculation of the heat transferring surfaces, which
results in higher pressure losses, higher material costs and an increased amount of refrigerant.
The overall efficiency of such systems decreases. A further development of present calculation
methods is necessary.
Previous methods to calculate the two-phase heat transfer disregard many phenomena proven
already by research or consider them inadequately. The influences on the heat transfer are usually
considered separately in the pool boiling regime and interactions between the influencing variables
are mainly neglected, e.g. the correlation according to Gorenflo (1997) for the calculation of the
two-phase heat transfer coefficient α during pool boiling
α
= F q · F p* · F w ,
α0

Eq. (1)

in which the influencing factors on the heat transfer are taken into account by dimensionless
factors. Fq represents the influence of the heat flux density, Fp* the influence of the reduced
pressure and Fw the influence of the heating surface material and the surface structure. The
influence of the fluid properties on the heat transfer is taken into account only by the normalization
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value α0, which is the heat transfer coefficient of the fluid at the reference values p* = ps / pc = 0.1,
q̇0 = 20 kW / m2 and Pa,0 = 0.4 µm with copper as the heating surface.
The normalization value α0 directly affects α in Eq. (1). Errors with respect to this value affect the
calculated heat transfer coefficient α and thus the designed apparatus. α0 is calculated according
to Stephan and Abdelsalam (1978) for water, hydrocarbons, cryogenic fluids and refrigerants
based on a dimensional analysis from the dimensionless Nusselt number
q dA
αdA
Nu =
= 0.23 0'
λ'
λ Ts

0.674

ρ''
ρ'

0.297

2

Δhv dA
a'2

0.371

ρ' - ρ''
ρ'

-1.73

a' 2 ρ'
σdA

0.35

Eq. (2)

with the thermal conductivity of the fluid λ', the boiling temperature Ts, the densities ρ" and ρ' of the
gaseous and liquid phases, the enthalpy of vaporization Δhv, the thermal diffusivity a' of the liquid
phase and the surface tension σ. The bubble departure diameter dA according to Fritz (1935) is
used as the characteristic length. A variety of authors published further correlations for calculating
the bubble departure diameter, e.g. Weckesser (1990), Schömann (1994) and Luke (2000). All
corrections have very high deviations in comparison with measured values, so that an exact
calculation of the bubble departure diameter is not possible. Also the distribution of the bubble
departure diameter is not detected at constant heat flux and constant reduced pressure.
Stephan and Preußer (1979) fit Eq. (2) to other measuring data that gives a good representation of
the heat transfer coefficient for water at ambient pressure but shows large deviations for organic
refrigerants. The Nusselt number results in
Nu = 0.1

q0 dA

0.674

'

λ Ts

ρ''
ρ'

0.156

2

Δhv dA
a'2

0.371

a'2 ρ'
σdA

0.35

η' c'p
λ

-0.16

'

Eq. (3)

with the dynamic viscosity η 'and the specific heat capacity cp' of the liquid. The influence of the
reduced pressure is represented in Eq. (2) and (3) only by a variety of physical properties, so that
the pressure dependence of the heat transfer coefficient is not sufficiently considered in both
equations. For most refrigerants the ambient pressure is approximately p* = 0.03 (Gorenflo, 1997).
With Fp* (s. Eq. (1))
Fp* = 1.2 p*

0,27

+ 2.5 +

1
p*
1 - p*

Eq. (1a)

the influence of pressure is considered in Eq. (3) according to Gorenflo (1997). In recent works
(Gorenflo, 2013), the factors in Eq. (1a) are adapted to further data, resulting in a steeper slope of
the heat transfer coefficient as a function of reduced pressure.
Kotthoff (2014) proposes the calculation of the heat transfer coefficient α0 based on fluid parameter
Pf, which Bier et al. (1973) postulates as the pressure dependence of the heat transfer coefficient
of a vapor bubble in equilibrium. By adaptation to measured data results
α0 = 3.58

0,6
· Pf =

3.58 ·

(dp/dT)vpk

0,6

σ

Eq. (4)

with the slope of the vapor pressure curve (dp / dT)vpk and the surface tension σ at p* = 0.1,
Pf in (µm K)-1 and α0 in kW(m2 K)-1.
The heat transfer coefficient is shown in Figure 1 as crosses for n-pentane according to Eq. (2), (3)
and (4) in comparison to measurements by Wengler (2018), Buljina (2010) and Siebert (1987). In
addition, the pressure influence is represented with Eq. (1a) in Figure 1, starting from the three
differently calculated values of α0. The calculated values deviate considerably from the measured
ones at p* = 0.1, s. Table 1. In addition, measurements from Wengler (2018) show positive
deviations from the heat transfer coefficient and measured values of Buljina (2010) and
Siebert (1987) show negative deviations compared to the frequently used Eq. (3).
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Table 1: Comparison of calculated and measured heat transfer coefficients (at the reduced pressure
2
p* = 0.1, q̇ = 20 kW/m of a copper heating surface with Pa0 = 0.61 - 0.66 µm

Stephan, Abdelsalam
[Eq. (2)]
-37.23 %
-27.15 %
11.20 %

(αexp – αcalc) / αcalc
Siebert (1987)
Buljina (2010)
Wengler (2018)

Stephan, Preußer
[Eq. (3)]
-12.72 %
1.31 %
54.64 %

Kotthoff
[Eq. (4)]
-21.97 %
-9.43 %
38.24 %

A more detailed description of the thermophysical relationships in pool boiling will be obtained by
considering interactions between the different parameters in Eq. (1). Luke (1996) takes the
interaction between the arithmetic mean roughness and the reduced pressure into account, based
on Eq. (1), and adjusts the slope of the heat transfer coefficient as function of the heat flux density
for various roughness.
All of the equations listed above for the calculation of the heat transfer coefficient are valid for fluid
values in equilibrium between the vapor bubbles and the boiling liquid. The wetting of the surface is
usually not taken into account. In the following an approach is presented based on Luke (1996)
which describes the mechanism of vapor bubble formation at activated nucleation sites, i.e. in
cavities in the surface, converted into a mathematical notation, which enters into a correlation to
describe the heat transfer at pool boiling. A theoretical approach is presented in which the
nucleation and wetting of the solid surface are described only on the basis of fluid data of the
refrigerant and the roughness profile of the surface. The methodology is going to be validated with
experimental data. Finally, the experimental setup for generating the data is presented.
5

10
2

W/(m K)

q = 20000 W/m

2

Wengler (2018), exp, n-Pentan, Cu, Pa=0.61μm
Buljina (2010), exp, n-Pentan, Cu, Pa=0.66μm

Siebert (1987), exp, n-Pentan, Cu, Pa=0.66μm

Stephan, Abdelsalam (1978)
Kotthoff (2014)
Stephan, Preußer (1979)

α

4

10

3

10
0.01

0.1

p*=ps/pc

1

Figure 1: Comparison of calculated and measured heat transfer coefficients of copper as function of
the reduced pressure for n-pentane (α0 shown as crosses)

2. MODELLING
The heterogeneous nucleation, i.e. the formation of vapor bubbles on a solid surface, must be
taken into account by considering the influence of fluid properties on the two-phase heat transfer,
since these are decisive for the integral heat transfer coefficient. Previous approaches only
consider the influence of fluid properties and the influence of surface roughness separately. The
influence of surface roughness resp. topography shown in Eq. (1) is described only by the standard
arithmetic mean roughness value. The shape of one single nucleation site is essential for the
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activation of the bubbles, their growth, bubble departure diameter and frequency. An integral
roughness parameter (such as Pa) is not suitable for describing the mechanism of nucleation
because the shape of the cavity and the wetting of the surface are not considered.
For modelling of the nucleation site and its influence on the heat transfer a parameter is to be
found, which takes into account the cavity in the surface, the wetting of the surface and the
properties of the fluid. Salem (1979), Knabe (1984) and Blöchl (1986) already define cavity
parameters, which Schömann (1994) assigns to the envelope method. A ball with variable rolling
radius RK is pushed over the roughness profile of a surface in the envelope method to obtain the
cavity parameter. The centers of the sphere form a trajectory, which is pushed onto the actual
profile of the surface. The cavity parameters are calculated from the profile of the surface and the
envelope. The definitions of the various parameters are given by Schömann (1994). Luke (1996)
extends Schömann's (1994) cavity parameters by the parameter characteristic for a single cavity
*

P5 =

3

Eq. (5)

VK

with the volume Vk of a sphere of diameter d as the maximum distance between the surface profile
and the envelope. The critical nucleation radius of a viable bubble is given with the Thomson
equation and the Clausius-Clapeyron equation
rc =

2σTs
v ΔT

Eq. (6)

ρ'' Δh

for high enough boiling temperatures with the surface tension σ, the boiling temperature Ts, the gas
density ρ’’, the enthalpy of vaporization Δhv and the superheating ΔT at which a vapor bubble is
viable. The critical nucleation radius decreases for higher reduced pressures, s. Figure 2. More
and smaller nucleation sites are activated at the same superheating for increasing pressures. The
pressure dependence of the activated nucleation sites and thus the heat transfer is given with the
choice of the spherical radius RK. Fewer but larger nucleation sites are found with larger spherical
radii, s. the cumulative distribution of the parameters P5* in Figure 3. Similarly, the wetting of the
surface by the boiling liquid influences the spherical radius or the resulting cumulative distribution
of P5*. For each reduced pressure is derived a characteristic size of P5* from the cumulative
distribution
*

P5 = f p* , Θ

Eq. (7)

with the contact angle Θ. A new parameter is defined to account for the interaction between the
surface and the boiling fluid for the calculation of heat transfer for different fluids, based on Eq. (1).
1

μm

rc

0.1

R134a, pc = 40.59 bar
q = 100 kW/m2
mild steel, d = 18.8 mm
Pa = 1.93 μm

0.01
0.01

0.1

p*

1

Figure 2: Critical nucleation radius as a function of the reduced pressure on the basis of
experimental data from Müller (2019) for R134a at a constant heat flux density
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Figure 3: Exemplary representation of the cumulative distribution of the cavity parameter P5* for a
fine sandblasted copper tube (Pa = 0.25 µm) according to Luke (2002)

The interactions between the fluid properties and the surface structure are given by the bond
number and Pf in Eq. (4). The Bond number Bo is the ratio of bulk forces to surface forces, in the
case of ascending vapor bubbles, the ratio of buoyancy force to force due to the surface tension
Bo =

Δρgl
σ

2

Eq. (8)

with the difference between the liquid and gas density Δρ, the gravitational acceleration g, the
characteristic length l and the surface tension σ. A function resp. an averaged value of the cavity
parameter P5* becomes apparent
*

Eq. (9)

l = f(P5 )

and is used as a characteristic length in Eq. (8) to take account of the interaction between fluid
properties and nucleation size and distribution. The course of the reciprocal of the product of bond
number and Pf, based on a reference value (Gorenflo (2013)) for dimensionless representation in
Figure 4, tends to reflect the course of a potentially higher heat flux density with a smaller cavity
parameter at constant reduced pressure. Small nucleation sites are activated for high heat flux
densities, increasing the evaporation rate and the heat transfer coefficient. Heat transfer
measurements are carried out on a newly constructed standard-boiling apparatus according to
Goetz (1980) to adapt Eq. (7) and Eq. (9) to experimental data and to create the parameter from Pf
and Bo for use in Eq. (1). The experimental tube consists of a heating conductor wound on a
copper helix, which is brazed into an outer cladding tube made of copper in contrast to many
previous designs by Müller (2019), Fath (1986) and Sokol (1994). It is soldered in a vacuum
8
10

Pf,ref

BoPf

R134a

-3

0.1 μm
0.2 μm
0.3 μm

4

0

P5*

0.2

0.4

0.6

0.8

p*
Figure 4: Product of bond number and dimensionless parameter Pf for different values of P5* as
function of the reduced pressure
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furnace to prevent cavities in the solder layer, which impede a uniform distribution of the heat flow
in the experimental tube. The overheating is measured with twelve azimuthally distributed
thermocouples connected to comparative thermocouples in the boiling liquid. The thermocouples
are located in eroded holes 1.5 mm below the surface. The innovative experimental tube
construction is described in detail by Wengler (2018). Wengler (2018) uses no vacuum furnace in
contrast to this work, so cavities in Wengler (2018) work cannot be completely excluded.

3. SURFACE TREATMENT AND ANALYSIS
The test tube surface for the heat transfer measurements should have a stochastic distribution of
cavities, so that the activated nucleation sites are evenly distributed on the surface and the critical
radius can be reduced to a characteristic cavity. Therefore, the surface is fine sandblasted.
Roughness measurements are carried out with a mechanical stylus system (Fa. Hommelwerke,
T8000) and an ultrasonic stylus (Fa. Jenoptik, Nanoswing 100) to determine the cavity parameters.
A controller keeps the stylus at a constant distance above the surface by means of a motor during
the measurement. The measuring principle is described in detail by Luke (2002) and Müller (2019).
The roughness measurements are taken at several azimuthally distributed positions each above
the thermocouple tips. The results of the surface analysis according to DIN EN 4287 (07.2010) are
shown in Table 2 and Figure 5.
The arithmetic mean roughness value Pa of the surface is 0.51 µm with a standard deviation of
0.05 µm, s. Table 2. The stochastic distribution of cavities becomes apparent in the exemplary
profile (bottom) in Figure 5 and the topography (top left) in Figure 5. At the top right of Figure 5, the
frequency distribution of Pa is shown for the fine sandblasted surface. The topographies are
evaluated according to the above-mentioned enveloping surface method to calculate the cavity
parameters and potential nucleation sites, s. the envelopes of the surfaces for different values of
Rk in Figure 6. Many and small nucleation sites can be found for the envelope surfaces with a
small value of Rk, for larger radii few and large nucleation sites while comparing the envelopes with
the topographic representation of the surface in Figure 5. The next step is the statistical analysis
and evaluation of the cavity parameters and the relation to the heat transfer.
100
σ = 0.05 μm
80
copper
60 fine sandblasted
h(P ) Pa = 0.51 μm
a

40
20
0
0.3

0.4
µm

0.4

0.5

Pa

0.6

μm 0.7

copper, fine sandblasted, Pa = 0.51 μm

z 0.0

-0.4
0.0

0.1

0.2
0.3
gauge length x

0.4

mm 0.5

Figure 5: Isometric view (top left), frequency distribution of Pa (top right) and representative
profile (bottom) of the sandblasted test tube surface made of copper
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Table 2: Roughness parameters of the sandblasted test tube surface for a measuring length of
500 µm (DIN EN ISO 4287 (07.2010))

Pa

Pq

Pp

Pt

Pz

[µm]

[µm]

[µm]

[µm]

[µm]

cooper,

mid

0.51

0.65

2.05

4.18

4.18

D = 19.05 mm,

max

0.65

0.83

3.63

6.71

6.71

fine
sandblasted

min

0.38

0.49

0.99

2.76

2.76

σ

0.05

0.06

0.46

0.60

0.60

RK = 25 µm

Measured
profiles

2002

RK = 2500 µm

Figure 6: Envelope areas calculated for the topography in Figure 5 for different RK

5. CONCLUSION
In the present work, the influence of the material properties in interaction with the microstructure of
the heating surface on the heat transfer during pool boiling is described by a new theoretical
approach, to be included into a correlation for the calculation of the heat transfer coefficient. The
interaction between fluid and microstructure of the heating surface or vapor bubble formation at
nucleation sites is taken into account by the bond number and the fluid parameter Pf. For this
purpose, the cavity parameter P5* is introduced in connection with the wetting of the heating
surface by the contact angle. The approach corresponds to the theoretical concept of a lower
critical nucleation radius with better heat transfer at lower superheat. Heat transfer measurements
are made with various refrigerants in a standard boiling apparatus to validate the approach. The
sandblasted tube surface has a stochastic distribution of cavities and is thus suitable for
determining the activated nucleation sites for each heat flux density and each reduced pressure.
Further heat transfer measurements are carried out with a new test tube surface and different
cavity sizes to take into account different cavity sizes in the heating surface.

NOMENCLATURE
a
A
cp
D
dA
F
g
h
l

thermal diffusivity (m2s-1)
surface (m2)
specific heat capacity (kJ(kgK) -1)
tube diameter (mm)
bubble departure diameter (µm)
factor (-)
gravitational acceleration (ms-2)
frequency (-)
characteristic length (m)

q̇
rc
RK
T
VK
x
z
α
Δhv

heat flux density (Wm-2)
critical nucleation radius (µm)
rolling radius (µm)
temperature (K)
ball volume (µm)
gauge length (mm)
profile height (µm)
heat transfer coefficient (kW(m2K)-1)
heat of vaporization (kJkg-1)
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N
p
p*
P 5*
Pf
P

quantity (-)
pressure (bar)
reduced pressure (-)
cavity parameter (µm)
fluid parameter (mK) -1
roughness parameters acc. to
DIN EN ISO 4287 (µm)

η
Θ
λ
ρ
σ
σ

dynamic viscosity (Pas)
contact angle (°)
heat conductivity (W(mK)-1)
density (kgm-3)
standard deviation (µm)
surface tension (Nm-1)
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ABSTRACT
This paper reports visualization results of two-phase flow of R1233zd(E) and R1336mzz(Z) in a 24port microchannel tube. The tube has an averaged hydraulic diameter of 0.643 mm. Mass flux is in
the range from 50 to 200 kg-m-2s-1. Flow patterns are classified as plug/slug, transitional, and annular
flow. In plug/slug flow, a clear interface between liquid slug and vapor plug is observed. In transitional
flow, the interface between vapor plug and liquid slug is broken and becomes a thick liquid ring and
vapor bridge. In annular flow, only liquid film is observed in the tube. Both mass flux and vapor
density strong affect the flow pattern because they affect the flow velocity. The results are compared
to other fluids tested on the same facility: R32, R134a, R1234ze(E), and R1234yf. R134a,
R1234ze(E), and R1234yf have similar flow patterns at the same condition. Both R1233zd(E) and
R1336mzz(Z) also have similar flow patterns because they have similar properties.
Keywords: Refrigerant, visualization, flow pattern, microchannel, HFO

1. INTRODUCTION
A new type of experimental facility for evaluation of heat transfer and hydraulic behavior in
microchannel used in this work has been introduced in Li and Hrnjak (2017). In the original facility,
six heat transfer coefficient and six pressure drop measurements at different vapor qualities are
measured simultaneously in the six test sections. One evaporator and five conditioning sections
adjust the inlet quality of the test sections. Visualization sections have been made and installed in
the facility for flow characteristic research (Li and Hrnjak, 2019a, 2019b). Six visualization sections
are placed after the six test sections. The evaporator and conditioning sections are still used as
quality controllers for the test sections.
The new facility provides relatively efficient experiments but more importantly, the vapor quality of
refrigerant is changed continually in one pass. The flow in the channels is closer to a realistic heat
exchanger in a vapor-compression system, especially for refrigerant-oil mixtures or refrigerant
blends because this design maintains realistic concentrations in the liquid structures close to the
wall.
There are two methods of generation of two-phase flow: the mix method and the heat transfer
method. In the first one, liquid and gas are mixed in the required flow rates before entering the
visualization section, such as in Nino et al. (2002) and Triplett et al. (1993). In the heat transfer
method, which is adopted here, liquid is heated, (or vapor is cooled in condensation experiments)
from single phase to a two-phase state of desired quality before entering the test and visualization
sections. The start from single phase assures uniformity of distribution among channels assuming
uniform heating of the channels.
Table 1 listed the properties of tested fluids evaluated at 30 oC except R1336mzz(Z). The reason
that the property of R1336mzz(Z) is evaluated at 50 oC is that the experiment was done at higher
temperature than other fluids. R1233zd(E) and R1336mzz(Z) are low pressure fluids compare the
other fluids listed. The two low pressure fluids have very low vapor density, which results in a very
high vapor velocity and therefore the two-phase flow velocity. With higher velocity, the occurrence
of flow pattern transitioning will advance to lower quality. The two low pressure fluids also have
higher liquid viscosity and high surface tension. With higher surface tension, the surface force can
conquer the gravity so stratify flow will not be observed when tube diameter is small.
Figure 1 shows the flow pattern concluded from the previous research (Li and Hrnjak 2019a, 2019b).
Flow is classified as: plug/slug, transitional, and annular flows.
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The plug/slug flow is like the bubbly flow, intermittent flow, or slug flow named in the literature. We
always observe confined bubbles in the images. In plug/slug flow, a clear vapor plug can be seen in
the video. In-between two clear vapor boundaries is the liquid slug. Sometimes bubbles can be seen
at low quality or even in the thermally subcooled region. At high vapor quality but low mass flux, a
liquid slug is still in the tube and the vapor plug is very long. A significant characteristic of this flow
pattern is that the flow is homogeneous. Vapor plugs and liquid slugs are moving at the same
velocity. Velocity of the liquid film is not determined due to the limitations of the visualization
technique, but it is assumed that the film has lower velocity than the vapor plug.
In the transitional flow, vapor plug head and tail are not clear. This flow pattern is a transition from
plug/slug flow to annular flow. This is similar to the churn flow, liquid-ring flow, or slug-annular flow
in literature. A darker region can be observed in between the blurry boundary of vapor plugs and it
is a liquid ring with a vapor bridge at the center. At higher quality or mass flux, we see waves and
droplets in the vapor zone, making it similar to churn flow in literature.
In the annular flow, we see liquid film in the channel and at the center must be a vapor core when
mass flux is lower and quality is higher. A liquid film with waves is observed at higher mass fluxes.
Table 1. Properties of tested fluids evaluated at 30 or 50 oC.

578(30)
0.159
8.209
163.1
1146
30.5

R1233zd
(E)
154.7(30)
0.0427
13.91
188.5
1251
8.512

R1336mzz
(Z)
178.6(50)
0.0615
10.73
157.6
1300
11.73

1.831

1.880

4.403

2.935

0.1191

0.1246

0.1125

0.1671

Property

Unit

R32

R1234yf

R134a

R1234ze(E)

Psat(Tsat)
PR
σ
Hlv
ρl
ρv

[kPa(oC)]
[mN m-1]
[kJ kg-1]
[kg m-3]
[kg m-3]
[kg m-1s-1
×10-4]
[kg m-1s-1
×10-4]

1927(30)
0.333
5.988
260.4
939.6
54.78

784(30)
0.232
5.563
141.2
1073
42.73

770(30)
0.190
7.417
173.1
1187
37.54

1.072

1.453

0.1313

0.1135

µl
µv

Plug/slug flow with a bubble

Plug/slug flow

Transitional flow with a liquid ring

Transitional flow with rings and waves

Annular flow with liquid film

Annular flow with waves

Figure 1. There are three flow patterns: plug/slug, transitional, and annular flow.

2. FACILITY AND CALIBRATION
The experimental facility has been introduced in Li and Hrnjak (2017, 2018) to study heat transfer
and pressure gradient of fluids in the microchannel tube. The facility can measure heat transfer
coefficient for a given heat flux, mass flux, and wall temperature. Simultaneously, diabatic pressure
drop and flow regime at the exit of each test section can be collected. Adiabatic pressure drop can
be measured separately without heat load. The facility is made of three loops: a refrigerant loop, a
coolant (water) loop, and a chiller (glycol) loop, as Figure 2 shows. The detail of facility description
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and calibration can be found in the mentioned references and the Thesis (Li 2016). The facility was
upgraded in (Li and Hrnjak 2019a, 2019b) for further research in flow patterns by adding visualization
sections.

Figure 2. Schematic of the facility with refrigerant loop (green), coolant loop (blue), and chiller loop (purple).

Figure 3. Visualization section consists of a steel frame, a polycarbonate window, an aluminum housing, a
microchannel tube with top wall removed, two aluminum flanges and three O-Rings.

The design of visualization sections is presented in Figure 3. The visualization section which consists
of an aluminum housing, a polycarbonate window, a steel frame, two aluminum flanges, a
microchannel tube with top-wall removed, three O-rings, and multiple bolts. The top wall of the tube
in the visualization section has been removed by EDM (Electrical Discharge Machining). That
created a 30 mm long window in the center of the 167 mm long tube. The machining is done carefully
to make sure that only the top wall is removed while channel cross-sectional area stays unchanged.
Obviously that can be done when channels are square and the tube used is very close to that case.
The T-shape polycarbonate window replaces the top wall, and the refrigerant is sealed by an O-ring
made of Buna. The window only reaches to the position of the top inner wall of the microchannel
tube when inserted into the housing to make sure it does not interrupt the flow. Ten bolts fix the
frame and window over the top flange to the housing and compress the O-ring. On the left and right
sides, aluminum flanges and Buna O-rings seal the refrigerant. During recording, a high-speed
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camera (Phantom V9.1) is fixed above the top of the section to a separate stand and takes video
from there. An 1100 lumen LED flashlight provides the necessary light without significant heat input.
The overall uncertainty (εR) of a result (R) with a known function F of n variables xi with known
uncertainties (εxi) is expressed in equation 1 based on NIST technical Note 1297 (Taylor and Kuyatt,
1994). This equation is under the assumptions that all variables are independent, repeated
measurements show Gaussian distribution, and all uncertainties of variables are in the same level
of confidence. In this paper, the level of confidence is 95%.
Table 2. Uncertainties of instruments.
εP
εDP
εT
εm
ερ

1.25 kPa
0.0015 to 0.04 kPa
0.07 to 0.2 oC
0.1% to 0.15% of rate
0.0005 g-cm-3
𝑛

2
𝜕𝐹
𝜀𝑅 = √∑ (
𝜀𝑥𝑖 )
𝜕𝑥𝑖

(1)

𝑖=1

Instruments are calibrated to ensure the accuracy of the measurements. The overall uncertainties of
instruments are listed in Table 2. Ambient heat loss is measured and heat transfer rate is corrected.
The contact resistance between the heat transfer block and the microchannel tube is measured and
the value is 0.0086 K W -1. Tube channel size is measured by Mitutoyo WF microscope. The average
diameter is 0.643 mm, and the standard deviation of diameters is 0.0232 mm. The detailed
calibration process can be found in the previous studies (Li, 2016, Li and Hrnjak, 2017).
In this paper, the flow pattern map will be presented as a function of mass flux and vapor quality,
and as a function of superficial velocities. Total mass flow rate is measured by mass flow meter and
the flow cross-sectional area is measured by microscope. Vapor quality is determined by enthalpy.
The inlet enthalpy (hin) of the test line is determined by pressure and temperature measurements.
Enthalpy of each test section is determined by adding or removing energy as equation 2 shows.
∑𝑖 𝑄
ℎ𝑖𝑛 + 𝑛=1
− ℎ𝑙
(2)
𝑚̇
𝑥𝑖 =
ℎ𝑙𝑣

3. FLOW PATTERNS
3.1.

Flow pattern of R1233zd(E) at 30 oC

Figure 4 shows the flow patterns of R1233zd(E) and R1336mzz(Z) in the 0.643 mm microchannel
tube. For R1233zd(E), the experiment was done at constant saturation temperature of 30 oC.
When mass flux is 200 kg-m-2s-1, the experiment is stopped at quality of 0.6 due to the high pressure
drop of this fluid exceeds the limit of the facility. It is believed that when quality is higher than 0.6, it
should always be annular flow. The flow reaches transitional flow at quality of 0.2 and annular flow
at 0.38. As mass flux decreases, the occurrence of transitional flow and annular flow delays to higher
quality. This is because when mass flux decreases, the quality needs to be higher to reach a high
flow velocity. At lower mass flux (25 and 50 kg-m-2s-1), there is no transitional flow observed. When
quality reaches about 0.85, the flow changes from plug/slug flow to annular flow at mass flux of 25
kg-m-2s-1. One possible reason is that the transitional flow happens very shortly between quality 0.8
and 0.85. The other reason is that R1233zd(E) has very high surface tension (Table 1). When mass
flux is low, it is easier to form a liquid slug in the tube than a thick liquid ring.
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3.2.

Flow pattern of R1336mzz(Z) at 50 oC

The experiment of R1336mzz(Z) was conducted under constant saturation temperature of 50 oC.
When mass flux is high (150 kg-m-2s-1), the transitional flow starts at quality of 0.35 and annular flow
starts at 0.5. As mass flux decreases, the transitioning delays to higher quality. This is because the
velocity of two-phase flow is proportional to both mass flux and quality. As same as R1233zd(E), no
transitional flow was observed for lower mass flux (25 and 50 kg-m-2s-1). R1336mzz(Z) also has high
surface tension so the liquid slug is easier to be formed than liquid ring in a small tube.

Figure 4. Flow patterns of R1233zd(E) and R1336mzz(Z) at constant saturation temperature.
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Figure 5. Flow pattern is affected by saturation pressure for R1336mzz(Z) at
constant mass flux 150 kg-m-2s-1.

3.3.

Flow pattern of R1336mzz(Z) at 150 kg-m-2s-1

Figure 5 shows the flow pattern of R1336mzz(Z) at constant mass flux (150 kg-m-2s-1) at varies
saturation temperature/pressure (40 to 60 oC, or 125 to 225 kPa). The upper plot is the experimental
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results using pressure and vapor quality as coordinates. The plot was remade in the bottom plot of
Figure 5 which uses superficial velocities J as coordinates.
When the temperature is 40 oC and pressure is low (about 125 kPa), the fluid enters transitional flow
at quality of 0.3 and annular flow at 0.45. As pressure increases, the boundary of two flow patterns
delays. When the temperature is 60 oC (pressure is about 225 kPa), the transitional flow starts at
quality of 0.35 and annular flow starts at 0.6. This is mainly because when pressure increases, the
vapor density increases, thus the velocity decreases. The two-phase flow will have the same velocity
at a higher quality, if the vapor density is higher.
In the bottom plot of Figure 5, flow is in plug/slug when vapor superficial velocity is lower than 4 ms-1. When vapor velocity is higher than 6 to 8 m-s-1 and liquid velocity is lower than about 0.06 to
0.08 m-s-1, flow is in annular. Both Figures 4 and 5 show that the flow pattern is a strong function of
velocity. Flow velocity is affected by mass flux and vapor density.
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Plug/Slug
Transitional
Annular

R32 R1234yf R134a R1234ze(E) R1233zd(E) R1336mzz(Z)

Pressure [kPa]
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1850
1800
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1.0

Quality [-]
Figure 6. Flow patterns of six fluids obtained on the same facility at the same mass flux (150
kg-m-2s-1). R134a, R1234yf, and R1234ze(E) have similar flow patterns. R1233zd(E) and
R1336mzz(Z) have similar flow patterns.

3.4.

The flow pattern of six fluids

Figure 6 shows the flow patterns of six fluids: R32, R1234yf, R134a, R1234ze(E), R1233zd(E), and
R1336mzz(Z) at the same mass flux (150 kg-m-2s-1). Most of them are at the same saturation
temperature (30 oC) except R1336mzz(Z) is at 40 to 60 oC. When testing higher pressure (R32) and
moderate pressure fluids (R134a, R1234yf, R1234ze(E)), the experiment was done in one pass, so
the real pressure of each data point is decreasing as quality increases. For low pressure fluids
(R1233zd(E) and R1336mzz(Z)), the experiment was done on one visualization section only, thus
the pressure is constant.
R32 has the highest saturation pressure and the highest vapor density. R32 should have the lowest
velocity than other fluids at the same mass flux and quality. It has the annular flow starts at the
highest quality, which is about 0.9.
R134a and R1234yf have almost the same saturation pressure. R1234ze(E) has slightly lower
pressure than R134a. Since both R1234ze(E) and R1234yf are hydrofluoroolefins (HFOs), they have
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unity global warming potential (IPCC, 2014). Both HFOs are considered as substitute of R134a
because they are more environmental friendly. These three fluids have very similar flow patterns at
the same condition. All of them start transitional flow at quality about 0.45. For R134a and R1234yf,
the annular flow starts at quality of 0.8. For R1234ze(E), the annular flow starts earlier, where quality
is about 0.72. The reason is that R1234ze(E) has low vapor density than the other two fluids, thus it
has higher flow velocity at the same quality.
R1233zd(E) and R1336mzz(Z) have similar flow patterns. For R1336mzz(Z), the flow pattern is
affected by saturation pressure, which has been discussed previously in this paper. R1233zd(E)
enters transitional flow at slightly lower quality than R1336mzz(Z) at the same saturation pressure
(about 155 kPa). Both fluids enter annular flow at quality of 0.5 at this pressure.
Figure 6 shows that the properties of fluids strongly affect flow pattern. The most important property
is probably the vapor density, which affects vapor-phase velocity. Other properties such as surface
tension, viscosity, etc. also has effect on the flow patterns.

4. CONCLUSIONS
The definition of flow patterns is adopted from the previous work (Li and Hrnjak 2019a). Flow patterns
of two-phase flow in the 0.643 mm microchannel tube is classified as: plug/slug, transitional, and
annular flows.
Figure 3 shows the design of the visualization section used in this work. The section consists of a
steel frame, a polycarbonate window, an aluminium housing, as microchannel tube with top wall
removed, two aluminium flanges, and three O-Rings.
The flow patterns of R1233zd(E) and R1336mzz(Z) at constant saturation temperature/pressure are
presented in Figure 4. As mass flux decreases, the transitioning delays to higher quality due to
changes in velocity. The transitional flow absents in lower mass flux due to the higher surface tension
of the two fluids.
The saturation pressure affects the flow patterns as well (Figure 5). As pressure increases, the
starting quality of annular flow increases. This is mainly caused by the change of vapor density as
pressure changes.
Figure 6 shows a comparison of six fluids: R32, R1234yf, R134a, R1234ze(E), R1233zd(E), and
R1336mzz(Z). R32 has the highest pressure and the annular flow starts at the highest quality (0.9).
R1234yf, R134a, and R1234ze(E) have similar flow patterns. R1233zd(E) and R1336mzz(Z) have
similar flow patterns.
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NOMENCLATURE
Hlv
Jv
PR
µl
ρl
σ

-1

vaporization enthalpy (kJ-kg )
vapor superficial velocity (m-s-1)
reduced pressure (-)
liquid dynamic viscosity (kg-m-1s-1)
Liquid density (kg-m-3)
Surface tension (mN-m-1)

Jl
P
T
µv
ρv

liquid superficial velocity(m-s-1)
pressure (kPa)
temperature (oC)
vapor dynamic viscosity (kg-m-1s-1)
vapor density (kg-m-3)
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ABSTRACT
This paper shows comprehensive data and analysis for low GWP refrigerants evaporation in a
microchannel tube with a hydraulic diameter of 0.643 mm. Measurements over the entire range of
qualities are completed in one pass to have conditions similar to a real heat exchanger. Six heat
transfer coefficients, six diabatic pressure drops, and six visualizations at exits are obtained
simultaneously. This is especially important when testing mixtures where the local concentration of
fluid (specifically in the liquid next to the wall) is changing as quality changes along the channel. Data
are presented in an actual, non-isobaric condition due to pressure drop along the tube. Results
presented and compared for different experimental condition (mass flux, heat flux, saturation
temperature, etc.). Discussion of results is enhanced with video captures presenting flow patterns.
Refrigerants R1233zd(E), R1336mzz(Z), and mixture R448A are under evaluation in this paper.
Keywords: Refrigerant, Microchannel, Heat transfer, Pressure drop, Visualization, Evaporation.

1. INTRODUCTION
A new type of facility for evaluation of heat transfer and hydraulic behavior in microchannels has
been used in this paper and has been firstly introduced in Li and Hrnjak (2017). Heat transfer
coefficients and pressure drops are measured in six test sections simultaneously, in only one pass.
Experiments are conducted with a given heat flux, mass flux, and wall temperature at each test
section. Uniform heat flux conditions at both top and bottom of the microchannel tube are assured
by controlling heaters and valves before each thermal block. Each test section has one upper and
one lower block. Between tests sections are conditioning sections that adjust quality difference to
the required value.
Later the facility is updated with six visualization sections install at the exits of the six test sections
(Li and Hrnjak, 2018). While the six heat transfer coefficients and six pressure drops are measured,
the flow patterns at exit of each data point are recorded.
The new facility provides relatively efficient experiments with the six test sections. More important –
since the vapor quality of refrigerant is changed continually in one pass – flow patterns and the
situation in the liquid film (concentration of oil if any or components if blend) in the experimental
condition is closer to a realistic heat exchanger in a vapor-compression system, especially for
refrigerant-oil mixtures or refrigerants blends. The R448A is tested in this method so the mass
transfer resistance in liquid film is closer to a realistic heat exchange application.
For low pressure fluids such as R1336mzz(Z) and R1233zd(E), the measurements are done in only
one test section. Due to the low vapor density of these fluids, the total pressure drop will be too large
if the fluid is evaporating over the length of six test sections. Therefore while dealing with them, the
first test section and visualization was used for measurement, and all other test section and
conditioning sections are used as condenser to reduce the total pressure drop in the system. When
measuring the heat transfer coefficient and pressure gradient in this method, the pressure can be
controlled to be constant (isobaric condition).
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2. FACILITYN

Figure 1. Schematic of the facility with refrigerant loop (green), coolant loop (blue), and chiller loop (purple).

The experimental facility has been introduced in Li and Hrnjak (2017) to study heat transfer and
hydraulic behavior of refrigerants in microchannel tubes. The facility can measure heat transfer
coefficient for a given heat flux, mass flux, and wall temperature. Simultaneously, diabatic pressure
gradient and flow regime at the exit of each test section can be collected. Adiabatic pressure gradient
can be measured separately without heat load. The facility is made of three loops: a refrigerant loop,
a coolant (water) loop, and a chiller (glycol) loop, as shown in Figure 1. A heat transfer block is 152.4
mm long and with a water channel inside for the coolant loop. Two blocks sandwich a microchannel
tube and the wall temperature is measured by six thermocouple probes inserted in wells near the
tube in each block. The two blocks are tightened by four long bolts with nuts with the same torque
(7.6 N-m). Between the blocks and microchannel, the surface cavities are filled with thermal paste
with reported thermal conductivity of 0.75 W-m-1K-1 (Lubritech, 2007). In each test section, the
microchannel tube is 181.8 mm long, combining with the heated length (152.4 mm) and the
connectors. After the test section, refrigerant goes through a visualization section and a conditioning
section. The conditioning section has the same design as the test section but is longer (400 mm),
without wall temperature TC wells.
The heat transfer rate of the test or conditioning section is determined by the flow rate of coolant into
the heat transfer block and the temperature difference of coolant at the outlet and inlet of the block.
In the test sections, the top and bottom blocks have different controls to make sure the conditions
on the top and bottom sides of the microchannel tube are the same. As Figure 2 shows, two water
sub-loops control the top and bottom heat transfer blocks individually. A water sub-loop is made of
a flow meter, an electrical control valve, a heater, thermocouples, and tube.
Heat transfer rate combined with refrigerant mass flow rate and pressure determines the increase in
vapor quality within the conditioning section. Saturation pressure or temperature is determined by
adding (or subtracting) pressure drop in each section. On each pressure measurement point, there
are two pressure transducers with different range and accuracy for measurement. The two-pressuresensor design provides excellent and needed accuracy of both absolute and differential pressure
measurements over a range of operation wider than the range of a single sensor. On one test
section, a pair of Rosemount 1151 DP3 (range = 2 kPa, εDP = 0.002 kPa) and DP4 (range = 15 kPa,
εDP = 0.015 kPa) differential pressure transducers are installed. When the measured pressure is
higher than the limit of the sensor with the lower range, measurement from the sensor with the higher
range is adopted. When all pressure drops are added together, it should be equal to the difference
between the readings of the pressure transducers at the inlet and outlet of the test line, within the
accuracy. Pressures at the inlet and the outlet are measured by Rosemount 3051S1 pressure
transducers with 0.04% FS accuracy (Rosemount, 2008).
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With proper control, six measurement conditions encompassing the required qualities are taken
simultaneously over the full range of qualities from 0 to 1, at the same mass flux and adjusted to be
the same heat flux. So, six heat transfer coefficients and pressure drops are measured at the same
time.
After the test line, a lab-made coaxial (microchannel in a round tube) heat exchanger and a shelland-tube sub-cooler is used to condense the refrigerant. The openings located at the inlet and outlet
of the test line are for charging and evacuation. An external receiver is used to help set up the system
pressure. The oil sampler is by-passed at this stage since a pure refrigerant is being tested. The oil
sampler will be used to measure oil circulation rate when testing refrigerant-oil mixtures in the future.
Distilled water in the coolant loop is pumped to a heater. When a lower temperature is needed, water
in the coolant loop is replaced by ethanol or a glycol mixture. A pump with a VFD controller is used
to pump the fluid. A reservoir tank is installed at the suction of the pump in order to maintain a
minimum suction pressure. The pressure at the discharge is measured by a pressure sensor and
this signal is used to adjust the pump speed to maintain discharge pressure. Fluid is supplied to an
inlet header, where it then goes to each test/conditioning section. The fluid temperature at the inlet
to the test or conditioning section is adjusted by a 530 W heater while the flow rate is adjusted by a
stepper motor valve. The mass flow rate is measured by two CMF010 elite mass flow meters
(Emerson, 2017) per test section (heat transfer in upper and lower blocks are measured
independently) and one DS006 mass flow meter per conditioning section. Temperature
measurements are done by T-type thermocouples inserted into the coolant tube. Coolant from test
sections and conditioning sections returns to the outlet header. A plate heat exchanger and a 1.5
kW heater are installed after the header to adjust coolant temperature supplied to the pump.
The chiller loop provides cooling to the refrigerant sub-cooler, refrigerant condenser, and brazedplate heat exchanger in the coolant loop. The chiller loop consists of a chiller with pump and reservoir
tank and now is running with a 50%-50% ethylene-glycol water mixture. After the pump, glycol flows
to a sub-cooler which sub-cools the refrigerant to make sure that liquid refrigerant flows into the gear
pump. A 1.5 kW heater is used to adjust the condenser inlet temperature of glycol. A bypass has
been made for the condenser to reduce pressure drop when the system is in condensation mode. A
plate heat exchanger is used for glycol (coolant loop).
The visualization section consists of an aluminum housing, a polycarbonate window, a steel frame,
two aluminum flanges, a microchannel tube with top-wall removed, three O-rings, and multiple bolts.
The top wall of the tube in the visualization section has been removed by EDM (Electrical Discharge
Machining). That created a 30 mm long window in the center of the 167 mm long tube. The machining
is done carefully to make sure that only the top wall is removed while channel cross-sectional area
stays unchanged. Obviously that can be done when channels are square. The T-shape
polycarbonate window replaces the top wall, and the refrigerant is sealed by an O-ring made of Buna.
The window only reaches to the position of the top inner wall of the microchannel tube when inserted
into the housing to make sure it does not interrupt the flow. Ten bolts fix the frame and window over
the top flange to the housing and compress the O-ring. On the left and right sides, aluminum flanges
and Buna O-rings seal the refrigerant. During recording, a high-speed camera (Phantom V9.1) is
fixed above the top of the section to a separate stand and takes video from there. An 1100 lumen
LED flashlight provides the necessary light without significant heat input.
The detailed introduction of the facility and calibration can be found in Li and Hrnjak (2017, 2018)
and the thesis (Li, 2016). Details and drawings of the visualization can be found in Li and Hrnjak
(2019a, 2019b).

3. RESULTS AND DISCUSSION
3.1.

Single-phase friction factor of low GWP refrigerants

Figure 2 shows the single-phase friction factor of R32, R1234yf, and R1336mzz(Z). The results are
plotted against the single-phase Reynold’s number (Re) and compared to Churchill equation (1977).
The Re is defined in Eq. (1).
𝑅𝑒 =
The Churchill equation is defined in Eq. (2).
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In Figure 2, when Re less than 1700, flow is in laminar regime and the friction factor agrees to
theoretical value involved in the Churchill equation (𝑓×𝑅𝑒 = 64). It shows that the measurement of
this tube diameter (0.643mm) is accurate and the tube has hydraulic behaviour as same as a round
tube. In the transition regime (1700<Re<3000), the calculated friction factor from Churchill always
underpredict the measurements. When the Re is larger than 3000, the measurements are used to
fit the roughness parameter (ϵ/D) in the Churchill equation. For different fluids, different parameter
obtained by experiment: for R32, ϵ/D=0.0027, for R1234ze(E), ϵ/D=0.0041, and for R1336mzz(Z),
ϵ/D=0.0051. One explanation of the difference in roughness parameter could be the Churchill
equation is not valid in small tube. The original concept of the roughness parameter (ϵ/D) is the grain
size in tube. This parameter is not directly related to roughness parameters measured such as Rp
or Ra. The other reason for the difference in roughness could come from the accuracies of properties
calculation of these fluids. The properties such as liquid and vapor phases densities and viscosities
are used to calculate friction factor and Reynolds number.
0.18
0.16

R32
R1234ze(E)
R1336mzz(Z)

0.14

Friction factor [-]

0.12
0.1

Exp. Calc.(ε/D)
(0.0027)
(0.0041)
(0.0051)

0.08
0.06

0.04

1000

10000

Re [-]

Figure 2. The single-phase friction factor of three fluids shows different roughness parameter
when fit to Churchill (1977).

R1336mzz(Z), Tsat=50 oC
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Figure 3. The adiabatic pressure gradient of R1336mzz(Z). There are three flow patterns
observed: plug/slug (P/S), transitional (T), and annular (A).
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The difference of roughness used in Churchill equation between R1336mzz(Z) and R32 is 47%.
However, the difference between calculated friction factor is much smaller. For example, when
Re=6000, f=0.04247 (ϵ/D=0.0051) or 0.03936 (ϵ/D=0.0027). The difference in friction factor is only
7.8%. Even the roughness is affecting the in-tube pressure drop, the mass flux and property may
have more significant effect than roughness in the experiment conditions.
3.2.

Two-phase pressure gradient and flow patterns of R1336mzz(Z)

Figure 3 shows the adiabatic pressure gradient in two-phase of R1336mzz(Z) and the corresponding
flow pattern observed at exist of each data point. The black boundary line in Figure 3 only indicates
the flow pattern type of each data point and it is not a flow pattern mapping. The flow pattern is
defined as plug/slug (P/S), transitional (T), and annular (A) flows. The detail of definition of flow
pattern can be found in Li and Hrnjak (2019a). The experiments are done with only one test section
to maintain a constant pressure due to the limitation of total pressure drop of the system.
As vapor quality increases, the pressure gradient increases almost linearly, as the solid symbols
show in Figure 3. The empty symbols are calculated single-phase pressure gradient based on
Churchill equation with fitted roughens parameter (ϵ/D=0.0051). They show the asymptote trend of
the two-phase pressure gradient. As mass flux increases, the pressure gradient increases
dramatically. From mass flux 50 to 150 kg-m-2s-1, the mass velocity is tripled and the pressure
gradient is nine times. This is because pressure drop is proportional to the square of velocity. The
flow patterns show that as quality increases, the flow is firstly in plug/slug, then transitional, and lastly
annular flow. When mass flux is 150 kg-m-2s-1, the transitional flow starts when quality reaches 0.4,
and annular flow starts when quality reaches 0.5. As quality decreases, the occurrence of annular
flow and transitional flow delayed to higher quality. When mass flux is 50 kg-m-2s-1, there is no
transitional flow observed. There is not a clear trend that flow pattern is affecting the pressure
gradient. It seems that both flow pattern and pressure gradient are strongly affected by the mass flux
and quality.

Figure 4. Heat transfer coefficient and flow patterns of R1233zd(E) at varies mass flux.
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3.3.

Heat transfer coefficient and flow patterns of R1233zd(E)

Figure 4 shows the heat transfer coefficient of R1233zd(E) at constant saturation temperature of 30
o
C, constant heat flux of 4 kW-m-2, and varies mass flux from 100 to 200 kg-m-2s-1. The flow patterns
of data points observed at the exit of test section are presented at the bottom part of the figure. The
experiments are done within only one test section for a constant pressure conditions.
The heat transfer coefficient of R1233zd(E) firstly increases as vapor quality increases. And then the
HTC maintain at local maximum from low quality (about 0.1) to moderate quality (about 0.4). When
quality is higher than 0.5 there is a clear trend that the HTC is dropping as quality increases. As
vapor quality increases, the flow is firstly in plug/slug flow, then transitional flow, and at last annular
flow. When mass flux is 100 kg-m-2s-1, the flow pattern is in plug/slug flow for quality 0.088 and 0.124.
In plug/slug flow, the clear boundary between liquid slug and vapor plug is observed. When quality
is higher than 0.269 (where the exit quality is about 0.361), the flow is in transitional where a dark
region is observed which represent a thick liquid ring or wave. When quality is higher than 0.406
(where exit quality is about 0.505), the flow is in wavy annular. When mass flux increases, the
boundary between two flow patterns advances to low quality. This is because of that for a certain
flow velocity, the quality is lower when mass flux is higher. When mass flux is 150 kg-m-2s-1, the flow
reaches transitional when quality is 0.200 (exit quality is 0.263), and annular flow at 0.502 (exit
0.572). When mass flux is 200 kg-m-2s-1, the flow reaches transitional when quality is 0.262 (exit
quality is 0.311), and annular flow at 0.306 (exit 0.413).
It seems that when mass flux is higher, the reduction in HTC is earlier. When mass flux is 100 kg-m2 -1
s , the HTC drops when quality is higher than 0.4. When mass flux is 200, the HTC drops at 0.3.
This is because that the flow enters annular flow in lower quality when mass flux is higher. In annular
flow, the thin liquid film cannot provide enough liquid for nucleate boiling. In plug/slug and transitional
flow, there is always liquid slug or thick liquid ring flow though the tube to wet the wall. Therefore, in
the plug/slug and transitional flows, local dry-out does not occur as much as in annular flow.
3.4.

Heat transfer coefficient and diabatic pressure gradient of R448A and its component
fluids

Heat transfer coefficient and pressure drop of R134a, R32, R1234ze(E), and R1234yf have been
measured on the same facility and reported in the previous research (Li and Hrnjak, 2017, 2018).
This subsection focuses on the heat transfer coefficient and diabatic pressure gradient of the mixture
R448A.
o

Table 1. Properties evaluated at 20 C for R448A and its component fluids.

Property
Unit
R32
R125
R1234yf R134a R1234ze(E)
R448A
Psat
kPa
1475
1205
591.7
572.1
427.4
1153/1019
PR
0.255
0.333
0.175
0.141
0.118
0.238/0.211
-1
σ
mN m
7.594
4.419
6.798
8.688
9.500
7.165
Hlv
kJ kg-1
280.8
115.6
149.29
182.3
170.5
176.4
-1 -1
kl
Wm K
0.128
0.615
0.0651
0.0856
0.0761
0.0808
-1 -1
kv
Wm K
0.0167
0.0147
0.0134
0.0141
0.0132
0.0141
-1 -1
Cpl
kJ kg K
1.886
1.367
1.369
1.405
1.366
1.528
Cpv
kJ kg-1K-1
1.514
1.023
1.024
1.001
0.959
1.140
-3
ρl
kg m
981.4
1218
1110
1225
1179
1106
-3
ρv
kg m
40.9
78.0
32.8
27.8
22.6
45.0
-1 -1
-4
µl
kg m s ×10
1.246
1.522
1.637
2.068
2.116
1.144
µv
kg m-1s-1 ×10-4 0.1249
0.1310
0.1087
0.1175
0.1202
0.1254
Prl
1.843
3.384
3.445
3.393
3.796
2.731
Prv
1.134
0.913
0.832
0.836
0.875
1.017
R1234ze(E) and R1234yf are hydrofluoroolefin (HFO) with very short life span and unity GWP100
(100 years global warming potential). They are considered as a substitute of R134a because of
similar properties. But they are much more environmentally friendly (lower GWP and 0 ODP). R448A
is a refrigerant mixture with five components: 26% R32, 26% R125, 21% R134a, 7% R1234ze(E),
and 20%R1234yf. By including high pressure fluids such as R32 and low pressure fluids such as
R1234ze(E), this mixture has high temperature glide while evaporating. The property evaluated at
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20 oC of R448A and its component fluids are listed in table 1. The properties of the pure fluids and
mixture are evaluated in REFPROP 9.
R32 and R125 are high pressure fluids with higher reduced pressure. R1234yf and R1234ze(E) are
new substitute of R134a with similar properties and saturation pressure. R125 and R1234yf has
relatively low surface tension which is good for nucleate boiling. R32 has high vaporization enthalpy
which results in a high Boiling number. The high vaporization enthalpy also results in a lower mass
flow rate in a heat exchanger for a certain heat capacity. R32 has the highest liquid conductivity
which makes it has the strongest film conduction in the microchannel tube. R125 has very high vapor
density which makes a lower velocity at a given mass flux, thus lowest pressure gradient. Except
R32, the other four pure fluids have high liquid Prandtl number and lower vapor Prandtl number.
R1234yf, R1234ze(E), and R134a have similar properties and they are expected to have similar heat
transfer performance. R1234ze(E) should have the higher pressure gradient among the five pure
fluids since the vapor density is the lowest. R448A is a mixture with the five fluids so the properties
are basically within the range of the components. However, due to the high temperature glide and
mass transfer resistance in liquid phase, R448A may have lower heat transfer coefficient than its
components’.
The heat transfer coefficient and diabatic pressure gradient of R448A is measured and presented in
Figure 5. The measurements are done in six test section in one pass, so there is a real pressure
drop as quality increases. R448A is a mixture of five fluids and four of the component fluids are
tested on the same facility and shown in the figure. R448A has evaporating pressure lower than R32
but higher than the HFOs. Due to the high vapor density of R125, R448A has relatively high vapor
density. Therefore, R448A has low vapor velocity and thus a low pressure gradient compare to the
HFOs and R134a. R448A has relatively higher heat transfer coefficient than the HFOs and R134a
when quality is lower than 0.2. This is because both R32 and R125 are more volatile fluids in the
mixture and they have very high HTC. As quality increases, the HTC of the mixture decreases. When
quality is higher than 0.4, the measured HTC of the mixture is even lower than its component fluids
which is caused by the mass transfer resistance in the liquid film.

Figure 5. Heat transfer coefficient and diabatic pressure gradient of R448A and its component fluids.
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4. CONCLUSIONS
This paper presented the result of experiments of some low Global Warming Potential fluids.
The single-phase friction factor proves the accuracy of tube diameter measurements (Figure 1). The
measured friction factor of R32, R1234ze(E), and R1336mzz(Z) results in different roughness
parameter in the Churchill equations (1977). This is probably due to the validity of Churchill equations
in microchannel tube or the accuracy of properties of these fluids.
The adiabatic two-phase pressure gradient of R1336mzz(Z) is a strong function of mass flux and
vapor quality (Figure 3). There are three flow pattern observed in tube: plug/slug, transitional, and
annular flow. The heat transfer coefficient of R1233zd(E) is affected by both mass flux and vapor
quality (Figure 4). The flow pattern shows that the HTC reaches local maximum when flow is in
plug/slug or transitional flow. The HTC of R448A shows that the HTC of R448A is lower than all of
its component fluids when quality is higher than 0.4 due to the mass transfer resistance in liquid film.
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NOMENCLATURE
D
P
T
µ

diameter (m)
pressure (kPa)
temperature (oC)
dynamic viscosity (kg-m-1s-1)

f
Re
v
ρ

friction factor (-)
Reynolds number (-)
velocity (-)
density (kg-m-3)
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ABSTRACT
This work presents a combined experimental and thermodynamic approach used to investigate the
influence of droplet injection on the performance of an ejector-based refrigeration cycle developed
for Heating, Ventilation and Air-Conditioning applications. A thermodynamic model has been
developed within Matlab for each component of the cycle with a particular emphasis on the ejector
modeling, which is based on the constant pressure mixing assumption. It is validated against the
experimental data obtained on the Hydro-Québec’s test rig working with R245fa. The numerical
model agrees fairly well with the experiments. The results show that injecting R245fa droplets at the
end of the ejector diffuser at the condensing temperature has a significant impact on the performance
of the ejector itself and of the whole cycle. It reduces especially and significantly the temperature of
the overheated vapors at the outlet of the ejector leading to a significant improvement of the
Coefficient of Performance (COP).
Keywords: Ejector, Refrigeration system, COP, R245fa, Droplet.

1. INTRODUCTION
The major challenge of the last decade aims at reducing the energy consumption of cooling and airconditioning systems which accounts for 20 % of the total energy consumed worldwide while using
more environmentally friendly refrigerants. The ejector refrigeration system is an interesting
alternative to conventional refrigeration systems. It can be powered by solar energy, waste and
exhaust heat (Sumeru et al., 2012). Also, they can operate with a new range of refrigerants harmless
to the environment (Chen, 2015). Such a system offers several other advantages like a simple
construction with a low cost, long life, and no maintenance. Moreover, different configurations of
these systems can be realized depending on the role of the ejector in the cycle (Besagni et al., 2016).
Several kinds of research on ejector systems have been realized, both theoretical and experimental
using a wide variety of working fluids (Gil and Kasperski, 2015), considering the influence of
geometrical parameters like the nozzle, mixing chamber and area ratio (Banasiak et al., 2012; Tang
et al., 2017), or for particular applications like low temperature driven ejector (Smierciew et al., 2014).
An ejector refrigeration system is driven by thermal energy and consists of an ejector, three heat
exchangers (generator, condenser, and evaporator), a pump, and finally a throttling device. The
working principle of the system is generalized as follows. The high-pressure vapor is delivered from
the generator named primary flow or propellant, this flow enters into the supersonic nozzle and draws
low-pressure vapor from the evaporator, which is named the secondary flow. The two flows undergo
mixing at constant pressure and leave the ejector after a pressure recovery in the diffuser. The mixed
flow is then fed into the condenser. The liquid coming out of the condenser is divided into two parts.
One goes through the expansion device to the evaporator. The remaining part is pumped back to
the generator by the pump, and completes the cycle.
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The performances of the Ejector Refrigeration System (ERS) and the ejector may be characterized
by:


Entrainment ratio ω defined as the ratio of the mass flow rate of the secondary(ṁs) fluid to
that of the primary fluid (ṁp) :
Eq. (1)



Pressure ratio PCR representing the ratio of the condensing pressure (Pc) to the evaporating
pressure (Pe) given by:

Pcr 


Eq. (2)

Thermodynamic Coefficient Of Performance (COP) COPth, which is the ratio of the
refrigerating capacity produced in the evaporator to the sum of the heat supplied to the
generator and the power consumed by the pump:

COPth 


Pc
Pe

Qe
Q ge  W pump

Eq. (3)

Mechanical COPm defined as being the ratio of the useful cooling generated by the
evaporator over the energy consumed by the pump. The energy input to the generator is not
taken into account as it is considered as a free source of energy. It is given by:

COPm 

Qe
W pump

Eq. (4)

In this present work, droplet injection is made at the outlet of the ejector (diffuser). Droplets come
directly from the circulation pump in red on Fig.1 at high pressure and condensation temperature.
Note that the power of the pump has been significantly increased so as not to alter the functioning
of the system. The droplets affect the main flow by extracting heat and so modifying the
thermodynamic properties of the main flow. One expects that it has the effect of reducing the
temperature of the superheated vapor at the outlet of the ejector before entering the condenser and
of improving the condenser performance and that of the entire system.
Ejector

Condenser

Evaporator

Generator

liquid receiver

Expansion
valve

Pump

Figure 1: Schematic view of the Ejector Refrigeration System with droplet injection at the ejector’s
outlet
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2. EXPERIMENTAL AND NUMERICAL METHODS
2.1.

Experimental set-up

More than a hundred tests were carried out at the Institute for Research of Hydro-Québec in
Shawinigan, Canada. The nominal cooling capacity of the prototype is 35 kW using R245fa as the
working fluid. The tests were realized by varying the primary flow rate as well as the temperatures
of the heat transfer fluids at the inlet of the boiler, the condenser, and the evaporator. It should be
noted that these parameters are very dependent on each other. The experimental set-up consists of
an ERS and three auxiliary utility circuits: a heating loop, a cooling loop, and a thermal load loop fully
described in (Hamzaoui et al., 2018).
The heating loop consists of a 250 kW electric boiler that delivers thermal energy to the ERS vapor
generator in order to simulate a waste heat source. Propylene glycol (50/50) used as a thermal fluid
is pumped by means of a centrifugal pump. At the vapor generator inlet, the temperature is finely
adjusted by the boiler PID controller (deviation of ±0.1°C).
The cooling loop consists of a cooling tower with a rated capacity of 400 kW, to which the ERS
condenser is connected. The heat transfer fluid used in this loop is propylene glycol (20/80). The
temperature at the inlet of the condenser is controlled by means of a three-way mixing valve with a
deviation of ±0.5 °C while the flow rate is adjusted through a variable frequency driver on the
corresponding pump. Finally, the thermal load loop simulates the cooling load: the ERS evaporator
extracts the heat input provided by a 45 kW electric cartridge heater and carried through by the
thermal fluid ethylene glycol (50/50). Similarly, to the cooling loop, the flow rate is manually controlled
by the use of a variable frequency driver to adjust the rotational speed of the circulating pump.
The type of ejector is based on the design of the nozzle exit position (Keenan et al., 1950) through
the so-called constant pressure mixing (CPM) assumption. The nozzle exit is located within the
converging part of the suction chamber and the mixing occurs at constant pressure (Chen et al.,
2016). The dimensions of the ejector are given in Fig.2.
Nozzle
100.9

Constant area section
223.77

46

Droplets

Diffuser
46

Primary flow

22.47

32.08

28.47

38.10

14.42

secondary flow
Figure 2: Schematic view of the supersonic ejector with relevant dimensions

2.2.

Numerical method

The thermodynamic model developed using MATLAB (R2017b) determines the performance of the
ejector refrigeration system with and without droplet injection. Some hypotheses are necessary for
the development of the thermodynamic model:
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For the ejector model (Croquer et al., 2017):


The flow inside the ejector is steady state and one-dimensional,



The secondary flow throat (effective area) occurs at the entrance of the constant area section,



The pressure at the entrance of the constant area section maximizes the secondary flow,



A normal shock occurs before the diffuser inlet,



Irreversibilities in the ejector are taken into account by using polytropic efficiencies
(Haghparast et al., 2018).

For the droplet injection:


The chemical component of the droplets is the same as the gas phase used in the primary
flow,



 i = 0.08 kg/s,
The flow of the injected drops is m



The pressure at the input of the generator is the same with the injection of drops,



The temperature at the injection is equal to the condenser temperature,



Coalescence and droplet deformation effects are neglected.

For the heat exchangers, the models of the generator, condenser and evaporator are steady state.
2.3.

Calculation procedure

For the ejector, the conservation principles of mass, momentum, and energy are applied with two
inlets and one outlet as follows:
Conservation of mass:

 in,1Vin,1 Ain,1   in, 2Vin, 2 Ain, 2   outVout Aout

Eq. (5)

Conservation of momentum:
.

[ Pin,1Vin,1  m in,1 ]  [ Pin, 2Vin, 2  m in, 2 ]  [ PoutVout  m out ]

Eq. (6)

Conservation of energy:
.
.
.
1
1
1
m in,1[hin,1  V in2,1 ]  m in, 2 [hin, 2  V in2, 2 ]  m out [hout  V out2 ]
2
2
2

Eq. (7)

where ρ is the fluid density, V is the flow velocity, A is the cross sectional area, P is the pressure, ṁ
is the mass flow rate and h is the specific enthalpy.
Polytropic efficiencies are used to account for friction losses within the ejector. A polytropic efficiency
is defined as the isentropic efficiency of an element process. It takes into account the elemental
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pressure ratio and the irreversibility occurring during the acceleration and deceleration processes,
unlike the isentropic efficiency for primary and secondary flows (Haghparast et al., 2018):

 pol, p ,or , s 

h j  h j 1
h j  h j 1,is

Eq. (8)

In the diffuser:

 pol, D 

h j  h j 1,is
h j  h j 1

Eq. (9)

Droplets injected after the diffuser are expected to affect the main flow by extracting energy for the
breakup and by altering thermodynamic properties. The terms related to the breakup energy of
droplet are described as following:
The surface energy of a droplet can be defined as the product of its surface area Sd by its surface
tension σ (Adika et al., 2009).

Es  S d 

Eq. (10)

The Weber number represents the breakup mechanism and resulting droplet size:

We 

 g V s Dd
d

Eq. (11)

where ρg is the surrounding gas density and VS is the relative velocity. No breakup is expected for
local Weber numbers lower thanr a critical value Wec (Pilch et al., 1987);

Wec  12(1  1.077Oh 1.6 )

Eq. (12)

where Oh is the Ohnesorge number, which relates the viscous to the inertial and surface tension
forces in a droplet (Chauvin et al., 2016). The total breakup energy writes:

Ebr ,i 

6. .m i
 i Di

 Di


 1
 Dd


Eq. (13)

where ṁi is the mass flow rate of the droplets, DI the diameter of the droplets, Dd the diameter of the
diffuser and ρi is the density of droplets.
For the three heat exchangers, the powers write:
Generator

Qge  m p h 

Eq. (14)

Condenser

Qc  (m s  m p )h 

Eq. (15)

Evaporator

 s h
Qe  m

Eq. (16)

3. RESULTS AND DISCUSSION
The effect of the droplet injection at the exit of the ejector is analyzed. A comparison between the
thermodynamic model and the experimental data is performed as well as a comprehensive
comparison between the cases with and without droplet injection to quantify their effect on the
performance of the system. The main results can be summarized as follows:


The results displayed in Figure 3 show that the relative errors between the numerical model
and experimental data are less than 5% for the primary mass flow rate and 12% for the
entrainment ratio for both cases with and without injection. This fairly good agreement
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between the numerical and experimental results confirms the validity of the present and new
thermodynamic model.


Figure 4 illustrates the variations of the refrigerant temperature according to the condenser
mass flow rate as well as the variations of the condenser pressure against the condenser
mass flow rate and this for different values of the glycol temperature within the range [20°C26°C]. Injecting droplets results in a slight pressure decrease, by about 3%. Regarding the
temperature, the effect of droplet injection is more pronounced with a decrease from 69.58°C
to 30.17°C at the condenser inlet.



Figure 5 displays the influence of the entrainment ratio on both coefficients of performance
(COP), the thermodynamic and mechanical ones, as a function of the coolant temperature in
the heat exchanger. These two coefficients of performance increase by increasing the
entrainment ratio with and without droplets. It is worth mentioning that with droplet injection,
the coefficient COPth may be increased by up to 35%. At the same time, the COPm decreases
as the consumption of the circulation pump increases with the injection of droplets not to alter
the primary flow that enters the generator and ensuring the operation of the cycle.

Figure 3: Comparison between the thermodynamic model and the experimental data in terms of
entrainment ratio (left) and primary mass flowrate (right) with injection.
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Figure 4: Influence of the condenser mass flowrate in the condenser temperature and pressure for
four generator temperatures. Comparison between the cases with (solid lines) and without (dashed
lines) droplets.
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Figure 5: Influence of the entrainment ratio on the thermal (left) and mechanical COP. Comparison
between the cases with (solid lines) and without (dashed lines) droplets.

4. CONCLUSIONS
A thermodynamic model based on polytropic efficiencies has been developed and validated against
extensive experimental data to predict the entrainment ratio and the outlet temperature of a
supersonic ejector with and without droplet injection. The performance of the ejector-based
refrigeration system has been quantified and the results show first that there is a fairly good
agreement between the two approaches. Second, the most important impact of droplet injection is
the reduction of the temperature at the outlet of the diffuser. The thermodynamic COP may be
increased by up to 35% by injecting liquid droplets.
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NOMENCLATURE
A
S
Cp
D
h
ṁ
p
Pcr
T
V
Q
W

cross section area (mm2)
section (mm2)
specific heat (J.kg-1.K-1)
diameter (mm)
specific enthalpy (kJ.kg-1)
mass flow rate (kg.s-1)
pressure (kPa)
pressure ratio
temperature (°C)
velocity (m.s-1)
rate of heat flow (kW)
power (kW)
Greek symbols

ω
ρ
σ

entrainment ratio
density (kg.m-3)
surface tension (N.m-1)
Subscripts
g
glycol
ge
generator
c
condenser
e
evaporator
t
total
th
Ejector throat
Acronyms
CPM constant pressure mixing
ERS Ejector refrigeration system
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ABSTRACT
With the inherent flow maldistribution problem within the microchannel heat exchanger header,
which degrades the heat transfer performance, new microchannel heat exchanger header was
designed and tested to improve this flow distribution performance, specifically for R410A. It features
dual-compartment made of multiple layers consisting of the main section, baffle and hole seat, and
rear section. Twenty flat tubes containing microchannels were inserted at 50% protrusion.
Experiments and visualizations were conducted at 50, 100, and 200 kg·h-1 of mass flow rate
(equivalent mass flux of 220.5, 441, and 882 kg·m-2s-1), which were at partial to full loading capacity.
Inlet vapor quality was fixed at 0.2 and evaporating temperature at 15 ºC, for evaporator application
of air-conditioning system. Considering the same microchannel element, flow distribution
enhancement was achieved when compared to the conventional header data. Liquid flow distribution
was improved by around 65% at part-load conditions based on the relative standard deviation.
Keywords: Dual-Compartment Header, Microchannel, Heat Exchanger, Flow Distribution, TwoPhase Flow.

1. INTRODUCTION
Heat exchange devices are indispensable element applied in a variety
Microchannel
flat tubes
of applications such as electronics, industries, power plants, and airconditioning and refrigeration systems. High-performing heat dry-out
exchangers contribute to the overall system efficiency and productivity
vapor
(Dixit and Ghosh, 2015). The recent development of microfluidic
technologies has led to the production of microchannel heat exchangers
(MCHX), where small channels or passages serve as conduits for
accomplishing an efficient heat and mass transfer processes (Kandlikar
et al., 2006). This cutting edge technology offers both thermal energy
savings and compactness. The latter gives flexibility to a wider scale of
applications, material and space saving, and lesser refrigerant charge.
However, the current structure and design adopted specifically for airconditioning operative conditions face an on-going challenge of twoFlow inlet
phase flow maldistribution inside the manifold or header
(bottom)
(Anbumeenakshi and Thansekhar, 2016), where the microchannels are
connected into, for evaporation process. This non-uniform flow
Header
distribution results to dry-out channels leading to about 20% evaporating
capacity degradation as reported by Kulkarni et al. (2004). Among the
Figure 1: Flow
factors that affect the distribution characteristics are the (i) operating
maldistribution in
conditions, including the mass flowrate, mass flux and vapour quality at
conventional header
the inlet of the header; (ii) the working fluid properties, particularly the
thermodynamic and transport properties; and (iii) the MCHX structural and geometric design
including the header and microchannel orientation, channel protrusion depth into the header, inlet
flow alignment, and the inside of the header such as its shape and cross-section (Mueller and Chiou,
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1988 and Kitto and Robertson, 1988). Many studies have tried to understand each of these factors.
Siddiqui and Zubbair (2017) in their comprehensive review about MCHX, have concluded that the
proper design of the header is one crucial aspect in achieving a well distributed flow because its
profile defines how the fluid gets distributed.
Several works attempted to seek solutions in achieving a better flow distribution. Ahmad et al. (2009)
with their goal to homogenize the separated two-phase flow at the inlet of the header, used additional
expansion devices such as atomization orifice and splashing grid. The latter was able to improve the
flow distribution but was compromised by a very large pressure drop. Kim et al. (2013) used insertion
devices inside the header such as wire mesh and perforated plate, yet only the perforated tube was
able to significantly enhance the flow distribution, but carried the same problem of having a high
pressure drop increase by about 80%, from without insert. Additionally, most of these researches,
particularly the experimental investigations, focused on small sized MCHX having small capacities
limited to automobile air-conditioning applications. Redo et al. (2019) designed and constructed an
experimental setup with test section representing an actual heat exchanger size and capacity of airconditioners operating at bigger capacities. At a wider range of operating conditions, they have
summarized the effect of inlet mass flux, vapour quality, tube protrusion depth, and evaporating
temperature on the flow distribution characteristics. The findings were used to design a new header
for enhancing the flow distribution. Therefore, the current paper reports the design of a dualcompartment header and the experiment test results when the inlet mass flowrate was at 50, 100,
and 200 kg·h-1, vapour quality at 0.2 and 10 ºC evaporating temperature. Experiments and
visualizations were conducted, with results being presented in metrics that highlighted the flow
distribution enhancement when compared to conventional header.

2. EXPERIMENT FACILITY AND METHODS
The experimental setup was designed and constructed with an aim to investigate the flow distribution
behaviour that represents an actual size evaporation heat exchanger of an air-conditioning system.
Its schematic diagram is shown in Fig. 2, where the elements enclosed in red dashed lines comprise
the test section, while the remaining components are under the condition-generating section. The
test section consists mainly of the front vertical header and multiple horizontal flat tubes with
microchannels in them. The major components of the condition-generating section are the refrigerant
pump, liquid flowmeter, pre-heaters, condenser, sub-cooler and brine cooling system.
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Figure 2: Experiment setup schematic diagram
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2.1.

Test Section

The current work presents the comparison of two headers, but utilizing exactly the same
microchannel elements. There were 20 microchannel flat tubes connected into the header, but owing
to a challenging flow measurement, they were purposely paired together through Y-connectors,
thereby producing 10 flat tubes. The merging is shown in Fig. 3 (left side), as well as the profile and
dimensions of the microchannels for each of these flat tubes. While on the right side of Fig. 3, the
header part portraying the conventional and dual-compartment header photos are shown.

Figure 3: Microchannels, conventional and dual-compartment headers

The previous header, which is conventional in its form, features a typical MCHX structure, with bigger
dimensions, and having single compartment. Once the fluid enters the inlet, it directly flows through
the branching parallel flat tubes or microchannels, as illustrated in Fig. 4.
main
section

rear
section

6. Back
cover

hole

3. Multichannel
part

210

230.5

5. Teflon

1. Front cover

4. Back body
inlet

inlet

Microchannels

group

Units: mm

9

22
5

18.5

Conventional header

Flow
inlet

2. Front
body

Dual-compartment header

Figure 4: Schematics of both headers

Figure 5: Dual-compartment header components

On the contrary, the latter has smaller header hydraulic diameter to facilitate liquid flow boosting
towards the top portion of the header. It is built with multiple layers (Fig. 5) assembling a dualcompartment header. The main section is where the flow stream goes first prior to reaching the rear
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section that houses the parallel flat tubes. There are eighteen 10 mm diameter holes on the
separating wall that serve as the flow passageway. Three flat tubes at the bottom are grouped
together with one connecting hole to the main section. It was purposively done to regulate the flow,
since a lot of liquid exits at the bottom channels for low loading capacity within the conventional
MCHX header (Redo et al., 2017). For the purpose of visualization, the multi-layered components of
the header contributed difficulty for the glass to be similarly installed at the sides like the conventional
header. It was then situated at the front side, which became the visualization window of the flow in
the main section. Providing a better lighting was a challenge, nevertheless, the high speed camera
was able to capture fair quality videos.
2.2.

Measurement Procedures

tube 5
ṁ5

x5

x5

tube 4
ṁ4

x4

x4

tube 3
ṁ3

x3

x3

tube 2
ṁ2

x4

x4

tube 1
ṁl

x1

Pressure

After the condensation, the fluid entered the sub-cooler and was circulated by means of a
magnetically driven centrifugal pump capable of delivering up to 28 l/min of fluid. This main flow (ṁin)
was regulated through the control valve 1 and bypass valve until the desired flowrate was achieved
at a stable state with reference to the flowrate reading at the liquid Coriolis flowmeter. It was
subsequently heated as it passed through a set of cartridge preheaters with a maximum heating
capacity of 9 kW, where the power volume was controlled until the vapour quality (xin) was obtained.
The two-phase flow liquid entered at the bottom of the header and the total flow was distributed into
the branching microchannels. The distribution tests and measurements were successively
conducted. The superheated flow exiting at the measurement path and the flow from the rear header
both entered the condenser, where brine was used as a coolant. Then the cycle continued.
Referring back to Fig. 2, the 10 flat tubes were then paired again, yielding 5 measurement tubes.
Therefore, there were 5 sets of mass flowrates (ṁi) and vapour qualities (xi) being measured and
calculated, as represented in Fig. 6. This was done by foremost measuring the pressure drop (Δp)
between the inlet of the header and the outlet of the flat tube for each of the 5 measurement tubes
by opening the corresponding control valve (CV) at a time. Each of this pressure drop was used as
a reference when measuring the individual flowrate (ṁ1 to ṁ5). Shown in a red line path in Fig. 2, the
mass flowrate for tube 5 (ṁ5) was measured by opening its bypass valve (BV5), while its rear valve
(RV5) was closed. The flow was superheated as it passes through the vapour heater and the control
valve 2 was adjusted until the same Δp5 was obtained. The ṁ5 was then measured through the
vapour Coriolis flowmeter. The procedures were repeated for the rest of the measurement tubes (ṁ4
to ṁ1).

hsub

hl

xin

xi

Qp

hv

hs

Qs

x1

Conv. Header Dual-c. Header

Figure 6: Data
representation

Specific enthalpy

Figure 7: P-h Diagram of R410A

The individual quality (xi) expressed in Eq. (1) was calculated given the measured individual mass
flowrate and the properties of the refrigerant, as illustrated on the P-h graph in Fig. 7. The heat input
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at the vapour heater (Qs) with the corresponding temperature (Ts) and pressure (Ps) were measured,
so the enthalpy of the superheated vapour (hs = f (Ts, Ps)) for R410a was therefore known.

xi 

mi  hs  hl   Qs
mi  hv  hl 

Eq. (1)

3. RESULTS AND DISCUSSIONS
The parameters and ranges of experiment conditions are summarized in Table 1. The variation was
mostly focused on the inlet mass flowrate, in which the corresponding mass fluxes inside the two
headers are different because of the difference in their cross-sectional areas.
Table 1. Parameters and condition ranges
Gconventional
Gdual-compartment
xin
Teva
[kg·m-2·s-1]
[kg·m-2·s-1]
[-]
[°C]
63, 125, 250
220.5, 441, 882
0.2
15

ṁin
[kg·h-1]
50, 100, 200

Tube protrusion
[%]
50

Metrics were adopted to compare the flow distribution performance of both headers. With the
individual mass flowrates (ṁi) and individual vapor qualities (xi) previously defined, the amount of
the liquid and the vapor measured in five measurement tubes (Fig. 6) are presented in terms of the
liquid flow ratio (FRl,i) and the vapor flow ratio (FRl,i) expressed in Eq. (2) and Eq. (3), respectively.
A uniform flow is indicated by a flow ratio equal to one or unity. Additionally, the relative standard
deviation (RSD) shown in Eq. (4) is adopted, which is the standard deviation ratio to the mean. The
flow distribution gets better as the RSD value approaches zero.
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Figure 8: Flow distribution profiles
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Illustrated in Fig. 8 are the flow distribution profiles for the two headers with the inlet mass flowrates
(ṁin) arranged incrementally in a vertical manner. At 50 kg·h-1, there is no liquid at the top of the
header and only vapour exits at topmost tube (tube 5), for the conventional header. Subsequently,
as the ṁin increases, the better the flow distribution becomes, with a large difference of RSD of the
liquid flowrate jumping from 0.807 to 0.154 for 50 kg·h-1 and 200 kg·h-1, respectively. This is resulted
by the increase of the liquid flow level observed simultaneously from the visualization snapshots in
Fig. 9.

Conv. Dual-c.

[kg·m-2·s-1]

63

220.5

50 kg·h-1

Conv. Dual-c.

125

441

100 kg·h-1

Conv. Dual-c.

250

882

200 kg·h-1

Figure 9: Visualization snapshots

Carrying in the results for the dual-compartment header, there was liquid flowing out from the top
tubes at 50 kg·h-1. When compared with the conventional data, liquid flow distribution enhancement
was obtained by about 65% for both the 50 and 100 kg·h-1 based on the liquid flow. As shown in Fig.
10, the RSD is closely the same for all the tested inlet mass flowrates, but as the ṁin further increases
from 100 kg·h-1, more liquid flows out from the top tubes as compared to the bottom tubes, which
reverses the distribution trend. This is mostly caused by the increase of inertial force that pushes
more liquid towards the top, and was evident by the flow velocity increase when referred to the
visualization videos. There is around 25% liquid flow distribution deterioration when header was
shifted to dual-compartment from conventional one for 200 kg·h-1 based on RSD. This might require
an additional improvement, but in most actual air-conditioning cases, the high and full-load capacities
do not occur as frequent as that of the low or part-load conditions.
Although the present investigation focused on an evaporation case, where the pressure drop (Δp)
does not directly affect the system performance, when it is applied for condensation, it has to be
considered. Shown in Fig. 11 is the average Δp obtained for both the headers, when assumed to be
relatively similar for condenser case, the 20% increase in average Δp for the new header is actually
small compared to what the previous studies have obtained.
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4. CONCLUSIONS
An experiment setup covering an evaporator microchannel heat exchanger test section for an actual
size air-conditioning system was designed and constructed. Conventional and dual-compartment
headers were installed and tested individually, keeping the same microchannel elements. The former
header has a typical structure having one-compartment, while the latter is a dual-compartment
header composed of multiple layers.
Experiment data have shown that the liquid flow distribution has improved for the dual-compartment
header when compared to the conventional one, by about 65% based on the RSD, for part-load at
ṁin 50 and 100 kg·h-1. As the ṁin approaches 200 kg·h-1, a trend reversal happens where most liquid
flows at the top than the bottom tubes for the dual-compartment header, caused by an increase
inertial force, observed also from the velocity increase through the visualization clips. Although this
led to around 25% flow distribution deterioration in reference to the conventional header, the
condition was at full-load, which is not the common occurrence for an air-conditioning system.
Despite that the focus of the work was on an evaporator application, the average Δp was compared
for its possibility of application to condensation case, where the parameter is considered significant
for perforamance determination. Around 20% increase in Δp was obtained for each of the inlet mass
flowrate for the dual-compartment header when compared to the conventional one, which is not as
significantly large when related to other studies.

NOMENCLATURE
G

mass flux (kg×m–2×s–1)

Subscripts
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specific enthalpy (J×kg )

i

Individual, index

ṁ

mass flowrate (kg×h )
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inlet

p

pressure (kPa)
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liquid

Q

heat (kW)

s

superheated

T

temperature (K)
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vapor
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–1

–1

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1521

REFERENCES
Ahmad, M., Berthoud, G., Mercier, P., 2009. General characteristics of two-phase flow distribution
in a compact heat exchanger. Int. J. of Heat and Mass Trans. 52, 442-450.
Anbumeenakshi, C., Thansekhar, M.R., 2016. Experimental investigation of header shape and inlet
configuration on flow maldistribution in microchannel. Exp. Therm. and Fluid Sci. 75, 156-161.
Dixit, T., Ghosh, I., 2015. Review of micro- and mini-channel heat sinks and heat exchangers for
single phase fluids. Renewable and Sustainable Energy Reviews. 41, 1298-1311.
Kandlikar, S., Garimella, S., Li, D., Colin, S., King, M., 2006. Heat Transfer and Fluid Flow in
Minichannels and Microchannels. Butterworth-Heinemann Publications, Massachusetts, 555 p.
Kim, N.H., Lee, E.J., Byun, H.W., 2013. Improvement of two-phase refrigerant distribution in a
parallel flow minichannel heat exchanger using insertion devices. Appl. Therm. Eng. 59, 116-130.
Kitto Jr., J.B., Robertson, J.M., 1988. Effects of maldistribution of flow on heat transfer equipment
performance. Heat Transfer Eng. 10, 18–25.
Kulkarni, T., Bullard, C.W., Cho, K., 2004. Header design tradeoffs in microchannel evaporators.
Appl. Therm. Eng. 24, 759–776.
Mueller, A.C., Chiou, J.P., 1988. Review of various types of flow maldistribution in heat exchangers.
Heat Transfer Eng. 9, 36–50.
Redo, M.A., Jeong, J., Giannetti, N., Enoki, J., Yamaguchi, S., Saito, K., Kim, H., 2019.
Characterization of two-phase flow distribution in microchannel heat exchanger header for airconditioning system. Exp. Therm. And Fluid Sci. 10.1016/j.expthermflusci.2019.04.021.
Redo, M.A., Giannetti, N., Jeong, J., Enoki, K., Ota, I., Saito, K., Kim, H., 2017. Experiment and
visualization of R410A flow distribution within the vertical header of microchannel heat exchanger.
Proceedings of the IIR-TPTPR Conference, Seoul, South Korea.
Siddiqui, O., Zubair, S., 2017. Efficient energy utilization through proper design of microchannel heat
exchanger manifolds: a comprehensive review. Renew. Sustain. Energy Rev. 74, 969-1002.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1522

Manuscript ID: 1269
DOI: 10.18462/iir.icr.2019.1269

Numerical study of heat and mass transfer absorption
processes using a horizontal flooded-liquid film in ammoniawater mixtures
Beethoven NARVÁEZ-ROMO, José R. SIMÕES-MOREIRA
SISEA – Alternative Energy Systems Lab., Mechanical Engineering Department
Escola Politécnica, University of São Paulo, Brazil
betonarmo@usp.br , jrsimoes@usp.br

ABSTRACT
This paper presents a numerical study of the heat and mass transfer (HMT) absorption process using
ammonia-water solution in a new configuration of horizontal flooded-liquid film, in which the total
surface wettability is reached. The absorber is composed of several plates placed in the vertical
position. Each one of these plates have a spiral cooling tube, in which the coolant flows and the
liquid solution flows over and around the tube. The plate depth guarantees a one-millimeter liquid
film of the ammonia-water solution. A mathematical model based on the overall balance of mass,
ammonia species, and energy equations was carried out. These equations were solved for a set of
control volumes discretized by the finite difference method, and with the HMT correlations. A
parametric study of the absorption process was performed: surface temperature, plates number, and
liquid film thickness.
Keywords: Absorption Process, Heat and Mass Transfer, Ammonia-Water, Flooded Tubes, FallingFilm, Total Wettability, Absorption Refrigeration Cycle.

1. INTRODUCTION
An ARC, absorption refrigeration cycle, operates at two pressure levels (Fig. 1). The high pressure
is established by the condensing pressure imposed by the environmental temperature, and the low
pressure follows the saturation pressure at the designed evaporating temperature. Low pressure at
very high ammonia concentration vapor (pure ammonia vapor in theory) leaves the evaporator (𝑄̇𝑒𝑣𝑎 )
and then flows into the absorber. At the same time a low ammonia concentration liquid solution
comes from the EV-2 (weak solution) to absorb that ammonia vapor to become a high ammonia
concentration liquid solution (strong solution) by heat rejection (𝑄̇𝑎𝑏𝑠 ) to a cooling liquid. The pump
drives the liquid solution to the high-pressure level.
At high pressure, the strong solution is driven to a heat exchanger, where it undergoes a pre-heating
process in a counter flow configuration before entering the generator. At the generator, a heat source
(𝑄̇𝑔𝑒𝑛 ) provides heat to the liquid solution and part of it evaporates giving rise to a vapor mixture as
it occurs in a typical distillation process as studied by Zavaleta-Aguilar and Simões-Moreira (2012).

Figure 1: Absorption refrigeration cycle diagram
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The weak liquid solution flows down to the absorber after being pre-cooled in the counter flow heat
exchanger and then flows through EV-2 decreasing its pressure. The vapor mixture that leaves the
generator is still wet and, consequently, is driven to a rectification zone to achieve a high ammonia
concentration by rejecting heat to the environment. It is worth mentioning that both the absorber and
the generator are the main components of the absorption system because that there is a
simultaneous heat and mass transfer process, and those components are characterized by low
values rates of heat and mass transfer (Castro et al., 2009). Moreover, all most of those components
employ the falling film technology, in which it shows advantageous of heat and mass transfer as
compared from flooded evaporator. According to falling film technology, several studies have been
developed, for instance, Thome (1999) carried out a review of falling film evaporation on both smooth
and enhanced tubes focusing on working fluids as alternative refrigerants including ammonia; he
found that the falling film technology provides a higher heat transfer coefficient than flooded
evaporators. Ribatski and Jacobi (2005) carried out a critical review of falling film evaporation
process over horizontal tubes (single and tube bundles), covering hydrodynamic studies and the
heat transfer coefficient affected by several operation conditions on smooth and enhanced tubes.
They pointed out that the falling film technology presents inconveniences due the liquid film
maldistribution and wettability problems. Narváez-Romo and Simões-Moreira (2017) found the same
difficulties to achieve a good liquid film distribution. Zavaleta-Aguilar and Simões-Moreira (2015)
study the wettability behavior in the generation process using horizontal tube bundle falling film.
Narváez-Romo et al. (2017) carried out a critical review of falling film technology focused to study
the heat and mass transfer correlations applied in absorption process for both working fluids;
ammonia-water and lithium bromide-water. All these reviews show a common care of the falling film
technology; for instance, wettability behavior. Thus, the current research studies the heat and mass
transfer absorption process in a novel configuration, using a horizontal flooded-liquid film in
ammonia-water mixtures to reach a total wettability.

2. MODELING OF THE ABSORPTION PROCESS
Arbitrary operational conditions are defined to analyze the absorption process and the inlet
parameters for the absorber are fixed by ARC modeling; thermal load of 1 TR, vaporization
temperature of -10°C, condensation temperature of 40°C. Hence, these conditions established the
boundary conditions in the flooded-liquid film configuration for ammonia-water such as;
• Liquid phase inlet mass flow: 0.020kg/s or liquid flow rate per unit of plate width: 𝛾𝐿 =0.010
kg/m.s;
• Inlet liquid phase ammonia mass fraction: 0.358;
• Inlet liquid phase temperature: 313.0 K (saturation temperature for x=0.408 and
P=2.91bar);
• Inlet vapor phase mass flow: 0.0033 kg/s;
• Inlet vapor phase ammonia mass fraction: 1.0;
• Inlet vapor phase temperature: 263.0K;
• Circular plate wall temperature: 298.0K;
• OD circular plate: 0.172m;
Fig. 2a shows the new proposal technology, in which weak solution coming from generator enters to
the absorber to absorb the ammonia vapor coming from the evaporator, obtaining a strong solution
at the exit of absorption equipment. It is projected of several spiral heat exchanger as is shown in
that Fig. (2a). Fig. (2b) represents the flooded-liquid film absorption process. A spiral heat exchanger
is used as coolant secondary circuit, and it is mounted over a 3D printed circular plate. The weak
solution moves over the heat exchanger, allowing the contact between the ammonia vapor and the
solution over it. As absorption process occurs, heat of absorption is transferred to the coolant fluid.
Total wettability is guaranteed by flooded phenomenon as shown in Fig. 3.
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a)
b)
Figure 2: a) Horizontal flooded-liquid film absorber, b) schematic representation of the flooded-liquid
film absorption process for each spiral heat exchanger

Figure 3: Total wettability on the plate using water

2.1.

Discretized equations

Concerning the discretized equations in ammonia-water absorption process using falling film
technology, Fernández-Seara et al., (2005) performed one of the first thermal modeling studies
including the vapor phase property variation. They used the finite difference technique, applying the
laws of conservation of mass, species of ammonia, and energy for each discrete control volume:
liquid, vapor, and linked by the interface. This section discussed the discretized equations, in which
the liquid-vapor interfacial phenomenon is also considered. The liquid-vapor interface can be
represented as a control volume in which both phases coexist in thermodynamic equilibrium (Fig. 4).
As the ammonia and water mass flux across the interface must be conserved, they can be calculated
using Colburn and Drew (1937) equations relating the mass transfer coefficients with the interfacial
properties.

Figure 4: Representation of heat and mass transfers in control volumes 1, 2, and 3

The ammonia mass flux transfer through interface can be calculated by Eq. (1).
𝑚̇𝑎 = 𝑧. ℎ𝑚𝑉 . 𝜌𝑉 . 𝐴𝑖𝑛𝑡 . ln (

𝑧−𝑦𝑖𝑛𝑡
𝑧−𝑦

)

Eq. (1)

The same ammonia mass fraction from the liquid phase side is given by Eq. (2).
𝑧−𝑥

𝑚̇𝑎 = 𝑧. ℎ𝑚𝐿 . 𝜌𝐿 . 𝐴𝑖𝑛𝑡 . ln (𝑧−𝑥 )
𝑖𝑛𝑡
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where,
𝑧 = 𝑚̇

𝑚̇𝑎

Eq. (3)

𝑎 +𝑚̇𝑤

Energy balance across the interface must take into account the heat flow across the interface by
convection on either side of the interface as well as the condensation or vaporization enthalpy. This
is explicit in the energy balance given by Eq (4).
𝑄𝑉̇ + (𝑚̇ 𝑎 + 𝑚𝑤
̇ ). 𝐻𝑉𝑖𝑛𝑡 = 𝑄𝐿̇ + (𝑚̇ 𝑎 + 𝑚𝑤
̇ ). 𝐻𝐿𝑖𝑛𝑡

Eq. (4)

The heat transfer to each or from each phase is given by convection alone. Eqs. (5-6) give the heat
flow to the liquid and vapor phase, respectively,
𝑄𝐿̇ = ℎ𝐿∗ . 𝐴𝑖𝑛𝑡 . (𝑇𝑖𝑛𝑡 − 𝑇𝐿 )

Eq. (5)

𝑄𝑉̇ = ℎ𝑉∗ . 𝐴𝑖𝑛𝑡 . (𝑇𝑉 − 𝑇𝑖𝑛𝑡 )

Eq. (6)

In previous expressions, the superscript * indicates that the heat transfer coefficient is corrected for
simultaneous heat and mass transfer by the expression proposed by Treybal (1999). The convective
heat flow to the surface is given by Eq. (7).
Eq. (7)

𝑄𝑠̇ = ℎ𝐿 . 𝐴𝑖𝑛𝑡 . (𝑇𝐿 − 𝑇𝑠 )

To compute the heat transfer coefficient, therefore, heat and mass transfer coefficients for the
ammonia-water absorption process were calculated by Churchill and Ozoe's (1973) correlation (Eq.
8),
Nu =

0.3387𝑃𝑟 1/3𝑅𝑒 0.5

Eq. (8)

0.5
0.0468 2/3
) )
𝑃𝑟

(1+(

The above equations are now applied to a 1-D cell. First, an individual cell is split into three control
volumes as depicted in Fig. (3). Control volume 1 (CV-1) is the whole volume of the cell, including
both liquid and vapor phases; control volume 2 (CV-2) envelopes only the liquid phase (liquid film);
and control volume 3 (CV-3) encompasses the vapor phase. The balances of total mass, ammonia
mass, and energy in CV-1 are given by the set of Eqs. (9-11)
Eq. (9)

𝑚̇𝐿𝑖−1 + 𝑚̇𝑉𝑖−1 = 𝑚̇𝐿𝑖 + 𝑚̇𝑉𝑖
𝑚̇𝐿𝑖−1 . 𝑥 𝑖−1

+

𝑚̇𝑉𝑖−1 . 𝑦 𝑖−1

=

𝑚̇𝐿𝑖 . 𝑥 𝑖

+

𝑚̇𝑉𝑖 . 𝑦 𝑖

𝑚̇𝐿𝑖−1 . 𝐻𝐿𝑖−1 + 𝑚̇𝑉𝑖−1 . 𝐻𝑉𝑖−1 = 𝑚̇𝐿𝑖 . 𝐻𝐿𝑖 + 𝑚̇𝑉𝑖 . 𝐻𝑉𝑖 + 𝑄𝑠̇ 𝑖

Eq. (10)
Eq. (11)

The balances of total mass, ammonia mass, and energy in CV-2 are given by the set of Eqs. (1214).
𝑖
𝑚̇𝐿𝑖−1 + 𝑚̇𝑎𝑖 + 𝑚̇𝑤
= 𝑚̇𝐿𝑖

𝑚̇𝐿𝑖−1 . 𝑥 𝑖−1

+ 𝑚̇𝑎𝑖 =

𝑚̇𝐿𝑖 . 𝑥 𝑖

𝑖
𝑖
𝑚̇𝐿𝑖−1 . 𝐻𝐿𝑖−1 + (𝑚̇𝑎𝑖 + 𝑚̇𝑤
. )𝐻𝐿𝑖𝑛𝑡
+ 𝑄̇𝐿𝑖 = 𝑚̇𝐿𝑖 . 𝐻𝐿𝑖 + 𝑄𝑠̇ 𝑖

Eq. (12)
Eq. (13)
Eq. (14)

The energy balance at the liquid-vapor interface is given by Eq. (15).
𝑖
𝑖
𝑖
𝑖
𝑄̇𝑉𝑖 + (𝑚̇𝑎𝑖 + 𝑚̇𝑤
). 𝐻𝑉𝑖𝑛𝑡
= 𝑄̇𝐿𝑖 + (𝑚̇𝑎𝑖 + 𝑚̇𝑤
). 𝐻𝐿𝑖𝑛𝑡

Eq. (15)

The heat flow on the surface is given by Eq. (16).
𝑄𝑠̇ 𝑖 = ℎ𝐿 . 𝐴𝑖𝑛𝑡 . (𝑇𝐿𝑖 − 𝑇𝑠𝑖 )

Eq. (16)

The heat flows across the interface are given by Eqs. (17) and (18) for liquid and vapor sides,
respectively.
𝑖
𝑄̇𝐿𝑖 = ℎ𝐿∗ . 𝐴𝑖𝑛𝑡 . (𝑇𝑖𝑛𝑡
− 𝑇𝐿𝑖 )
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Eq. (18)

𝑖
𝑄̇𝑉𝑖 = ℎ𝑉∗ . 𝐴𝑖𝑛𝑡 . (𝑇𝑉𝑖 − 𝑇𝑖𝑛𝑡
)

The mass flows across the interface are given by the set of eqs. (19) and (20).
𝑚̇𝑎𝑖 = 𝑧 𝑖 . ℎ𝑚𝑉 . 𝜌𝑉 . 𝐴𝑖𝑛𝑡 . ln (
𝑚̇𝑎𝑖 = 𝑧 𝑖 . ℎ𝑚𝐿 . 𝜌𝐿 . 𝐴𝑖𝑛𝑡 . ln (

𝑖
𝑧 𝑖−𝑦𝑖𝑛𝑡

𝑧 𝑖−𝑦 𝑖
𝑧 𝑖−𝑥 𝑖

𝑖
𝑧 𝑖−𝑥𝑖𝑛𝑡

)

Eq. (19)

)

Eq. (20)

𝑚̇ 𝑖

𝑎
𝑧 𝑖 = 𝑚̇𝑖 +𝑚
̇𝑖
𝑎

𝑤

Eq. (21)

Liquid film thickness δf was defined as geometrical parameter. For this work, the liquid film thickness
was of 0.001m. The liquid phase Reynolds number is given by Eq. (22)
Re =

4Γ
𝜇𝑙

Eq. (22)

3. RESULTS AND ANALYSIS
3.1.

Global Absorber Behavior

Fig. 5 shows the temperature behavior as a function of the equivalent length in the absorption
process; Tv is the vapor temperature, Ts is the surface temperature, Tint is the interface temperature,
and Tl is the liquid temperature. Inlet conditions are given at L=0. As readily noticed, all the three
values converge to the surface temperature at 298K, in which the coolant temperature is assumed
constant. The thermal resistance over the wall tube is neglected. The liquid phase temperature
strictly decreases along the plate while the vapor phase temperature rises first to a peak and then
decreases to reach the surface temperature. Absorption process is an exothermic phenomenon
resulting in a great amount of heat released at the interface, in which high driving forces are present
at the plate beginning.

Figure 5: Temperature distribution along equivalent length

Fig. 6 shows the heat flow along the plate length to or from each phase and to the plate surface. It
is clearly shown that the heat flow in the liquid phase is larger than the heat flow in the vapor phase.
That can be explained because a higher thermal resistance occurs on the vapor phase. The negative
flow in the vapor phase indicates that the direction is from the interface to the vapor phase, because
there is a range in which the interface temperature is higher than the temperature of the vapor phase.
For a 1TR, the absorber test rig should achieve an area of 0.108 m2, allowing to reach an outlet
temperature of Tss=299.5K and an outlet concentration of 0.452. By ARC modeling, for these
operational conditions, the strong solution should achieve 0.4657 in ammonia-water concentration
at 298.2K.
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Figure 6. Heat flow along equivalent length

The temperature of the liquid phase reached 91.1% from the surface temperature, and 77.4% from
the required concentration at the outlet for 0.6m length. The plate length should be 0.76 m to achieve
90% from the required concentration at the outlet. It is worthwhile to mention that the saturated
concentration allowed for 298K is 0.4895.
3.2.

Individual Plate Heat Exchanger

It’s worthwhile to mention the absorbed heat rate of each plate is different although the surface
temperature is kept constant. Heat and mass transfer processes are prominent in the beginning of
the absorber. In Fig. 7, plate heat exchanger labeled with “1” is referenced to the first position and
“7” as the lowest plate into the absorber. That figure also shows the absorption heat rejection
decreases as a function of the position into the absorber, whose first plate absorbed about 30% of
the total heat of absorption.

Absorbed heat rate, W

1200
1000
800
600
400
200
0

1

2

3

4

Plate heat exchanger

5

6

7

Figure 7: Absorbed heat rate as a function of the plate position into the absorber; 1 is the position
and 7 the lowest position

Absorption process is an exothermic reaction in which all the heat is released at the liquid-vapor
interface. Fig. (8) shows that behavior for the plate “3”; the vapor temperature overcomes the liquid
interface as a result of the heat of absorption, but all the temperatures will converge at the surface
temperature as shown in Fig. 5.
3.3.

Liquid film thickness and surface temperature

The first plate is fixed to analyze the heat and mass transfer behavior as function of the liquid film
thickness and the surface temperature.
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Figure 8: Absorption process for the “3” plate

Fig. 9 shows the heat of the absorption as a function of the surface temperature (lower axe) and the
liquid film thickness (upper axe). Higher heat rates are obtained in lower surface temperatures and
lower liquid film thickness due to film thickening increases the thermal resistance.

Absorbed heat rate, W
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Figure 9. Absorbed heat rate as a function of the surface temperature and the liquid film thickness

4. CONCLUSIONS AND FUTURE WORK
The numerical study of the heat and mass transfer absorption process in a novel configuration
was analyzed. It employed a horizontal flooded-liquid film configuration using ammonia-water
mixtures as working fluid and in which the total wettability is reached. Absorption process is an
exothermic phenomenon resulting in a great amount of heat released at the interface, in which high
driving forces are prominent at the first plate. Moreover, absorber heat rate was improved by using
lowest surface temperature and lowest liquid film thickness. Experimental studies are underway in
the laboratory in order to obtain experimental results and it will be subject of a future publication.
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NOMENCLATURE
A
ARC
CV
EV
h
ℎ∗
ℎ𝑚
H
k
L
ln
𝑚̇
Nu
P
𝑄̇
Re
𝑇
TR
x
y
z

area (m²)
Absorption Refrigeration Cycle
control volume
expansion valve
heat transfer coefficient (W.m -2.K-1)
corrected heat transfer coefficient (W
m-2.K-1)
mass transfer coefficient (m.s-1)
specific enthalpy per unit of mixture (J.
kg-1)
thermal conductivity (W.m-1.K-1)
plate length (m)
neperian logarithm
mass flow rate (kg.s-1)
Nusselt number
pressure (kPa)
heat flow (kW)
Reynolds number
temperature (K)
ton of refrigeration
liquid phase ammonia mass fraction
vapor phase ammonia mass fraction
ratio between ammonia flow and total
flow through interface

𝛿𝑓
𝜇
v
𝜌
𝛤

Greek Symbols
film thickness (m)
dynamic viscosity (Pa.s)
kinematic viscosity (m.s-2)
density (kg.m-3)
mass flow rate per unit of plate width (kg.m1
. s-1)
Subscripts

a
abs
f
int
L
s
ss
V
w
ws

ammonia
absorption
film
interface
liquid
surface
strong solution
vapor
water
weak solution

i

Superscripts
i-element
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ABSTRACT  
Many   system   configurations   of   large-scale   heat   pumps   (HP)   are   applicable   to   a   district   heating  
system,  and  choosing  the  right  HP  technology  may  be  a  challenge.  In  this  study,  thermodynamic  
models   of   eight   different   HP   configurations   are   used   to   compare   the   Coefficient   of   Performance  
(COP)  and  Lorenz  efficiency,  for  a  range  of  sink  and  source  outlet  temperatures.  Furthermore,  for  a  
specific  case  the  total  volume  flow  rate  for  each  configuration  was  compared.  The  results  revealed  
that  a  configuration  with  two  two-stage  cycles  with  low  stage  desuperheat  heat  exchangers  in  most  
operating  conditions  was  superior  in  terms  of  COP.  However,  for  all  considered  operating  conditions  
at   least   three   configurations   obtained   a   COP   which   was   less   than   3   %   lower   than   the   best   one.  
Comparing  the  volume  flow  rates  among  the  configurations  a  combination  of  a  one-stage  cycle  and  
a  two-stage  cycle  with  low  stage  desuperheat  heat  exchanger  holds  the  lowest  needed  volume  flow  
rate.    
Keywords:  Large-scale  heat  pumps,  District  heating,  Natural  refrigerant,  COP  

1.   INTRODUCTION  
Electric-driven  large-scale  heat  pumps  are  expected  to  play  an  import  role  in  the  transition  towards  
electrification   of   the   district   heating   (DH)   system   (Annex-47,   2018).   The   DH   network   is   well  
established  in  Denmark  and  covers  64  %  of  the  heating  demand  for  households,  and  hence  also  a  
big  share  of  the  CO2  emissions  related  to  the  heating  sector.  By  integrating  large-scale  heat  pumps  
as   production   units   in   the   system,   the   heating   sector   can   benefit   from   the   increasing   share   of  
electricity  produced  by  renewable  resources,  and  thereby  reduce  the  CO2  emissions  of  the  sector.  
The  HP  technology  is  well  known  from  the  refrigeration  industry,  the  application  in  the  DH  network,  
however,  yields  other  temperature  levels  and  operation  constraints,  with  other  design  considerations  
as   a   consequence.   Since   large-scale   HPs   are   introduced   as   a   new   technology   in   the   DH   sector,  
there   is   a   need   for   generalized   information   for   many   of   the   industry’s   stakeholders.   This   will  
contribute  to  a  clarification  of  expectations  to  the  technology  and  facilitating  collaboration  between  
utility  companies,  consulting  engineering  companies,  and  HP  suppliers.  Decision-making  on  the  best  
solution  for  a  HP  installation  includes  both  a  technical  and  economic  investigation  in  order  to  find  the  
solution  with  the  lowest  cost  of  heat.  From  a  general  perspective,  the  design  considerations  for  a  
specific   case   includes   among   others,   choice   of   refrigerant,   compressor   technology,   cycle,   and  
system  configuration.    
In   Ommen,   et   al,   (2015)   both   the   technical   and   economic   feasibility   of   industrial   HPs   in   serial  
configuration  was  investigated.  Here  the  results  revealed  an  increase  in  COP  and  decrease  in  NPV  
for  the  series  connection  of  up  to  three  one  stage  ammonia  HPs,  compared  to  a  reference  system  
with   only   one   HP.   Furthermore,   it   was   found   that   the   technically   feasible   working   domain   was  
expanded  when  more  HPs  were  connected  in  series,  due  to  a  lower  discharge  temperature.  This  
paper   presents   eight   different   vapour   compression   HP   configurations,   all   utilizing   the   natural  
refrigerant  Ammonia  using  reciprocating  compressors.  The  analysis  focuses  on  the  impact  of  the  HP  
configuration  on  the  COP  and  the  needed  volume  flow  rate.  A  comparison  of  the  COP  was  done  for  
a  combination  of  12  different  design  conditions  in  terms  of  sink  temperatures  and  range  of  different  
source  outlet  temperatures.  The  needed  volume  flow  in  the  different  configurations  was  analysed  for  
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one  specific  design  condition  with  supply  temperature  of  80  °C,  sink  inlet  temperature  of  50  °C  and  
source  outlet  temperature  of  5  °C.    

2.   METHOD  
This   section   presents   the   eight   different   HP   configurations   evaluated   (Sec   2.1),   the   considered  
design  conditions  (Sec.    2.2),  the  thermodynamic  cycle  calculations  (Sec.2.3)  and  an  outline  of  the  
evaluated   performance   indicators   (sec.   2.4).   The   comparisons   were   based   on   thermodynamic  
models  for  each  HP  configuration,  implemented  in  the  software  Engineering  Equation  Solver,  f-chart  
(1992).  
2.1.  

HP  Configurations  

The  evaluated  HP  configurations  and  numbering  are  shown  in  T   able  1.  Configurations  4  to  8  use  
combinations  of  the  first  three:  1)  a  one-stage  cycle,  2)  a  two-stage  cycle  with  open  intercooler  or  3)  
a   two-stage   cycle   with   a   desuperheater   after   the   low   stage   compressor.   Configurations   4   to   8  
consider  two  heat  pumps  connected  in  series  with  the  heat  sink,  and  in  parallel  regarding  the  heat  
source.  The  configurations  were  analysed  for  a  heating  capacity  of  1  MW,  and  in  cases  with  two  HP  
cycles  in  the  configuration  a  load  share  of  50  %  was  assumed.  
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Table  1:  principle  sketch,  number  and  designation  of  the  eight  different  configurations.  

Configuration  1  

Configuration  2  

One-stage  

Configuration  3  

Two-stage  

Two-stage,   with   low   stage  
DSH  

  

Configuration  4  

Configuration  5  
Two  two-stage  

Two  one-stage  

  

  

Two   two-stage,   with   low   stage  
DSH  

  

  
Configuration  8  

Configuration  7  

one  one-stage  +  one  two-stage  

one   one-stage   +   one   two-stage   with   low   stage  
DSH  

  

  

  
2.2.  

  

Configuration  6  

  

Temperature  levels  of  heat  sink  and  source  

The  supply  temperature  from  the  heat  pump  was  assumed  to  be  70  °C,  75  °C  or  80  °C,  The  return  
temperature   from   the   network   of   was   assumed   to   be   35   °C,   40   °C,   45   °C   or   50   °C.   In   total   this  
amounts  to  12  different  sink  temperature  sets.  The  investigated  sink  temperatures  represent  relevant  
temperature   levels   in   an   arbitrary   DH   network   in   a   Danish   context,   as   presented   by   the   Danish  
District  Heating  Association  (2017).  
Due  to  the  choice  of  parallel  evaporator  design,  the  inlet  temperature  of  the  source  is  not  required  to  
fix  the  conditions  in  the  heat  pump  cycle,  and  it  could  in  principle  be  any  temperature  higher  than  
then  considered  source  outlet  temperature.  For  a  system  consideration,  the  glide  of  the  source  will  
have  an  impact  on  the  needed  power  to  create  a  given  flow  of  the  source,  as  well  as  an  impact  on  
the  heat  transfer  conditions,  heat  transfer  area  and  heat  output.  The  outlet  temperature  of  the  heat  
source  was  varied  between  30  °C  and  1  °C.  The  source  temperatures  were  selected  to  represent  
low-temperature  heat  sources,  natural  as  well  as  industrial.    

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1533

2.3.  

Thermodynamic  cycle  calculations  and  technical  constraints  

The  assumptions  regarding  the  specific  components  follows  the  assumptions  presented  in  Table  2  
and  the  calculation  procedure  indicated  below.  For  configurations  utilising  a  single  stage  cycle,  the  
efficiencies  for  a  high  stage  compressor  was  applied.    
  
Table  2:  Assumptions  used  for  the  thermodynamic  modelling  of  the  compressors.  

Designation  
Value    
Unit  
Isentropic  efficiency,  low  stage  
0.70   -  
Isentropic  efficiency,  high  stage  
0.72   -  
Volumetric  efficiency,  low  stage  
0.85   -  
Volumetric  efficiency,  high  stage  
0.80   -  
Heat  loss  
10   %  
Load  share    
50   %  

  
The  compressor  work  was  calculated  as  in  Eq.  (1)  
𝑊"#$% = 𝑚()* (ℎ#-.,0 − ℎ23 ),  
Eq.  (1)  
where   the   enthalpy   out   of   the   compressor,   ℎ#-.,5    was   found   by   Eq.   (2)   by   taking   the   isentropic  
efficiency  (𝜂27 )  into  account  
ℎ#-.,27 − ℎ23
ℎ#-.,0 = ℎ23 +
  
Eq.  (2)  
𝜂27
The  outlet  condition  from  the  compressors  was  found  by  Eq.  (3)  by  taking  the  heat  loss  factor  (𝑓: )  
into  account.  
ℎ#-.	
   = 	
   ℎ#-.,0 − 𝑓: ℎ#-.,0 − ℎ23   
Eq.  (3)  
The   maximum   allowed   temperature   out   of   a   compressor   was   190   °C.   In   case   of   discharge  
temperature  above  190  °C,  the  specific  configuration  was  excluded  from  the  comparisons.  
  
The   heat   transferred   in   each   heat   exchanger   between   the   refrigerant   and   the   DH   network   was  
calculated  by  energy  balances  and  a  pinch  temperature  difference  of  2.5  K  for  all  heat  exchangers.  
The  condensation  temperature  was  found  by  the  pinch  temperature  difference  between  the  DH  water  
temperature   out   of   the   condenser   section   (CON,   in   table   1)   and   the   ammonia   at   the   condition   of  
saturated  vapour.  The  amount  of  subcooling  was  maximized  for  each  cycle,  by  reaching  the  pinch  
temperature  difference  between  the  inlet  temperature  of  the  DH  water  into  the  subcooler,  and  the  
outlet  of  the  subcooled  refrigerant.  A  temperature  heat  load  diagram,  where  the  method  described  
above  is  illustrated,  is  shown  in  Sec.  3.1.  
  
The  evaporators  were  assumed  to  be  flooded  with  an  outlet  quality  of  0.7,  such  that  no  superheating  
was   assumed   at   the   compressor   inlet.   A   pinch   temperature   difference   between   the   outlet  
temperature   of   the   source   and   the   inlet   condition   of   the   ammonia   defined   the   evaporation  
temperature.    
The  intermediate  pressure  between  the  low  stage  and  high  stage  compression  in  a  heat  pump  cycle  
was  either  set  by  Eq.  (6)  or  by  a  technical  constraint  of  maximum  43  °C  evaporation  temperature  for  
the  high  stage  compressors  
Eq.  (6)  
𝑝=>? = 	
   𝑝@ 𝑝A   
The  temperature  of  the  superheated  ammonia  at  the  outlet  of  the  desuperheater  (𝑇CDE,F,GHI )  after  
the  low  stage  compression  (present  in  configuration  3,  configuration  6  and  configuration  8)  was  either  
set  by  the  heat  transfer  using  the  pinch  temperature  difference,  or  by  assuming  0.1  K  superheating  
at  the  intermediate  pressure  (𝑝23. ).  This  constraint  was  implemented,  to  avoid  condensation  in  this  
heat  exchanger.    
2.4.  

Evaluation  of  performance  

The  configurations  were  compared  on  basis  of  the  COP,  as  defined  in  Eq.  (6),    
COP = 	
  

:MNOP
QRSTU

	
  ,  
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where  the  heat  output,  𝑄W)X. ,  represents  the  total  heat  delivered  from  the  HP  to  the  DH  network  (1  
MW),  and  the  sum  of  the  compressor  power   𝑊"#$% ,  calculated  individually  by  Eq.  (1).    
  
Furthermore,  the  Lorenz  efficiency	
  𝜂F ,  for  a  special  case  of  the  Lorenz  COP,  was  calculated  using  
Eq.  (7)  and  Eq.  (8),  as  introduced  by  Lorenz,  H  (1895).  
COP
𝜂F = 	
  
  
Eq.  (7)  
YZT,M
YZT,M [Y\S]^RN,S]P

  
𝑇_$,W = 	
  

𝑇CE,7-%%_` − 𝑇CE,().-(3
ln

Ycd,\]UUZe

  

Eq.  (8)  

Ycd,^NP]^f

where  Eq.  (8)  is  the  logarithmic  mean  temperature  of  the  sink,  and  the  denominator  in  Eq.  (7)  is  the  
maximum  performance  of  a  reversible  heat  pump  working  between  a  finite  capacity  heat  sink  and  
infinite  capacity  heat  source.    
Based  on  the  evaluation  of  the  COP  of  each  configuration,  the  configuration  with  the  highest  COP  
was   presented   as   the   benchmark,   together   with   its   corresponding   𝜂F .   As   the   difference   in   the  
calculated  COP  among  the  eight  configurations  was  found  to  be  relatively  small  for  some  cases,  it  
was  also  indicated  if  a  configuration  had  a  COP  within  3%  from  the  maximum  calculated  COP.    
  
In  order  to  extend  the  evaluation  of  the  different  configurations,  the  needed  volume  flow,  indicating  
the  needed  size  of  a  compressor,  was  evaluated  for  a  specific  temperature  case.    The  volume  flow  
in  m3/h  was  calculated  for  each  compressor  by  Eq.  (9),    
𝑉 = 	
  

h^Ni ∙k∙lmnn
op

	
  ,  

Eq.  (9)  

where  𝜐  was  the  specific  volume  evaluated  at  the  inlet  conditions,  𝑚()*   was  the  mass  flow  rate  of  
refrigerant  through  the  compressors  and  𝜂r   the  volumetric  efficiency.  For  configurations  utilising  a  
single  stage  cycle,  the  volume  flow  of  the  compressor  was  assumed  to  correspond  to  a  high  stage  
compressor.    

3.   RESULTS  
3.1.  

Cycle  verification    

A  log  P-h  diagram  and  a  temperature  heat  load  diagram  for  configuration  6  (two  two-stage  cycles  
with  low  pressure  DSH)  are  shown  in  Figure  1.  The  diagrams  are  shown  for  a  case  with  the  sink  
temperatures  80  °C  as  supply  temperature  and  50  °C  as  return  temperature,  and  a  source  outlet  
temperature  of  5  °C.  In  the  temperature  heat  load  diagram,  it  can  be  seen  how  a  pinch  temperature  
difference  determined  both  the  amount  of  DSH  after  the  low  stage  compression  (first  stream  for  both  
cycles),  and  the  amount  of  subcooling  as  well  as  the  condensing  temperature  (second  stream  for  
both  cycles).  
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Figure  1:  A  log  P  h  diagram  (left)  and  a  temperature  heat  load  diagram  (right)  for  configuration  6,  with  
sink  temperatures  of  80  °C  /  50  °C  and  a  source  outlet  temperature  of  5  °C    

3.2.  

Maximum  COP  and  𝜼𝐋   

The  maximum  calculated  COP  among  the  eight  different  configurations  and  the  corresponding  𝜂F   
are  shown  in  Figure  2,  for  the  range  of  temperatures  of  sink  and  source.  The  colour  of  a  cell  indicates  
for  which  configuration  the  benchmark  COP  was  found,  according  to  the  colour  bar  below  the  table.  
Analysing   the   trends   of   the   COP   shown   in   Figure   2,   it   can   be   seen   that   the   benchmark   COP  
increases  for  all  sink  temperatures  with  an  increasing  source  outlet  temperature.  Furthermore,  for  a  
given  return  temperature  of  the  DH  water,  the  COP  increases  with  a  decreasing  supply  temperature.    
This  is  in  general  due  to  the  decreasing  temperature  lift  needed,  and  consequently  lower  pressure  
ratios  of  compression.  
  
Comparing  the  COP  for  a  constant  supply  temperature  and  decreasing  return  temperatures,  it  can  
be  seen  that  the  COP  increases  with  a  larger  sink  temperature  glide  (𝑇CE,7-%%_` − 𝑇CE,().-(3 ).  A  lower  
return  temperature  increased  the  capacity  of  the  subcooler,  which  affected  both  the  needed  mass  
flow  rate  of  refrigerant  and  the  condensing  temperature  positively.    
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Figure  2:  The  maximal  calculated  COP  and  the  corresponding  Lorenz  efficiency  (𝜼𝐋 )  for  each  sink  
temperature  set  and  outlet  source  temperature.  The  colors  indicate  the  configuration  with  the  
highest  COP.  

  
Considering  the  calculated  Lorenz  efficiency  also  listed  in  Figure  2,  the  highest  efficiency  was  found  
at  the  lowest  outlet  source  temperature.  It  decreases  by  approximately  10  %  at  the  highest  outlet  
temperature.  This  indicates  that  the  investigated  heat  pump  configurations  performed  closer  to  the  
theoretical  maximum  at  the  lowest  source  outlet  temperatures.  To  further  interpret  this,  it  is  important  
to   be   aware   of   that   the   theoretical   maximum   performance   (Lorenz   COP,   described   as   the  
denominator  in  Eq.  (7))  increased  from  e.g.  6.4  to  17  from  a  source  outlet  temperature  of  1  °C  to  33  
°C  (sink:  35  °C  /70  °C).    
In  general,  the  theoretical  maximum  performance  follows  the  same  trend  as  the  maximum  calculated  
COP,  meaning  an  increase  for  a  higher  source  outlet  temperature,  lower  return  temperatures  as  well  
as  lower  supply  temperatures.  
From  the  colours  in  Figure  2,  it  can  be  seen  that  configuration  6  reaches  the  highest  COP  for  almost  
all  investigated  conditions.  The  trend  was  only  interfered  at  higher  source  outlet  temperatures  and  
low  return  temperatures,  where  the  highest  COP  was  found  for  configuration  7.  This  was  due  to  a  
very  low  compression  ratio  in  the  first  heat  pump  cycle  of  the  configuration,  where  a  benefit  of  one  
stage  of  compression  exceeded  the  benefits  from  a  two-stage  compression.    
  
However,  analysing  the  COP  for  all  eight  configurations  revealed  that  the  difference  in  COP  in  some  
cases   was   relatively   small.   This   is   illustrated   in   Figure   3,   where   a   presence   of   a   coloured   line  
indicates  the  investigated  configuration  to  be  within  the  limit  of  3  %  from  the  benchmark  COP.  The  
configuration  holding  the  benchmark  COP  is  also  indicated  in  Figure  3.  For  all  conditions,  at  least  
three   other   configurations   had   a   COP   within   the   3   %   limit,   however   with   a   complete   absence   of  
configuration  1  (one  one-stage  HP)  and  2  (one  two-stage  HP).  
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Figure  3:  The  presence  of  a  coloured  line  indicates  that  the  configuration,  for  a  given  set  of  heat  
sink  temperatures  and  source  outlet  temperatures,  holds  a  COP  within  a  limit  of  3  %  from  the  
benchmark  COP.  

  
Configuration  5  and  configuration  6  are  within  this  limit  for  all  conditions.  Knowing  from  Figure  2,  that  
configuration  6  holds  the  highest  COP,  the  desuperheater  after  the  low  stage  compressor,  must  for  
all   conditions   have   a   positive   impact   on   the   COP.   The   positive   impact   can   also   be   noted   when  
comparing  configuration  7  and  configuration  8,  where  configuration  8  was  highlighted  in  Figure  2,  
and  in  general  present  for  all  conditions  in  Figure  3.  
Configuration  4  seems  to  benefit  from  higher  source  outlet  temperatures,  and  low  temperature  lifts,  
while   configuration   3   was   present   only   for   low   source   outlet   temperatures   and   high   return  
temperatures,  which  also  could  be  expected  as  beneficial  conditions  for  a  two-stage  compression.    
3.3.  

Volume  flow    

Another   evaluation   parameter   when   choosing   among   different   heat   pump   configurations   is   the  
needed  volume  flow  rate  to  reach  the  heating  capacity  of  1  MW.    
The   volumetric   flow   translates   to   the   size   of   the   needed   compressor,   which   to   some   extent   is  
correlated   to   the   investment   cost.   However,   in   relation   to   the   investment   cost,   it   is   important   to  
distinguish  between  whether  the  flow  relates  to  a  high  stage  or  a  low  stage  compressor.    
In  Table  3  the  COP,  Lorenz  efficiency,  and  needed  volume  flow  for  the  eight  different  configurations  
are  presented  for  a  case  with  the  sink  temperatures  80  °C  as  supply  temperature  and  50  °C  as  return  
temperature,  and  a  source  outlet  temperature  of  5  °C.  The  volume  flow  is  presented  as  the  needed  
flow  for  the  low  stage  compression,  the  high  stage  compression,  and  the  total  volume  flow  as  the  
sum  of  the  two.  If  two  HP  cycles  were  present  in  the  configuration,  the  presented  low  stage  flow  was  
a  sum  of  both  low  stage  compressors.  The  same  is  the  case  for  the  high  stage  compressor.        
Configurations  1,  2,  4,  and  7  (first  four  columns  in  Table  3)  were  omitted  from  the  comparison  below,  
either   because   of   too   high   discharge   temperature   or   a   COP   more   than   3   %   away   from   the  
benchmark.    
Considering  the  total  amount  of  needed  volume  flow,  Configuration  8  had  the  smallest  amount  of  
flow  of  975  m3/h.  However,  from  an  investment  point  of  view,  it  could  be  expected  that  there  will  be  
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a  price  difference  in  high  and  low  pressure  compressors,  and  also  a  higher  cost  if  more  compressors  
are  used.      
  
Table  3:  Performance  indicators  and  cycle  specifications  at  the  heat  sink  temperatures  
(supply/return):  80  °C  /50  °C  and  source  temperature  outlet:  5  °C.  

  
Config  1   Config  2   Config  4   Config  7   Config  3   Config  5   Config  6   Config  8  
COP    
3.16  
3.20  
3.18  
3.26  
3.129  
3.31  
3.38  
3.30  
(%   from   (6.6  %)   (5.5  %)   (6.1  %)   (3.6  %)   (2.7  %)   (2.2  %)  
(-)  
(2.4%)  
max  COP)  
55.9  
56.6  
56.2  
57.7  
58.2  
58.5  
59.9  
58.4  
𝜂@   
3
V  (m /h)  
-  
734  
-  
361    
743  
737  
743    
364    
Low  stage  
V    (m3/h)  
842    
349  
878    
620    
324  
385  
366  
611  
High  stage  
V  (m3/h)  
842    
1083    
878  
980    
1066  
1123    
1110  
975  
Total    
Tdis,  (°C)  
  
  
  
  
  
  
  
  
Low  HP  1  
-  
94.1  
-  
-  
-  
94.5  
81.0  
81.2  
High  HP1  
193.6  
131.0  
167.5  
167.5  
167.5  
131.5  
111.8  
111.9  
Low  HP  2  
-  
-  
-  
96.5  
-  
96.5  
96.6  
96.6  
High  HP  2  
-  
-  
202.7  
134.5  
-  
134.5  
134.7  
134.7  
  
Considering   the   needed   volume   flow   from   low   pressure   compressors,   configuration   3,   5   and   6  
needed  double  the  volume  flow,  compared  to  configuration  8.  This  is  due  to  the  fact  that  HP  1  in  
configuration  8  was  a  one  stage  cycle,  with  a  high  pressure  compressor  (condensing  temperature:  
63.9   °C).   This   is   also   why   configuration   8   needed   approximately   1.7   times   higher   flow   than  
configuration  3,  5  and  6  in  the  high  stage  compressors.  
Analysing  the  numbers  from  an  investment  point  of  view,  configuration  3  would  have  an  advantage  
in  terms  of  only  two  compressors  needed,  while  configuration  5  and  6  both  needed  four  compressors.  
Comparing  configuration  3  with  configuration  8,  the  numbers  of  compressors  was  2  vs  3.    

4.   DISCUSSION    
The   COP   of   the   presented   heat   pump   systems   was   in   general   highly   sensitive   to   the   input  
parameters,   listed   in   Table   2   and   hence   the   assumptions   made.   Input   parameters   like   the   pinch  
temperature  difference  and  the  load  share  relate  to  the  design  of  components  and  system,  and  could  
for  each  configuration  be  subject  for  optimization.  The  efficiencies  and  the  compressor  heat  loss  will  
depend  on  the  chosen  compressor  at  the  specific  operating  conditions.  As  the  compressor  operating  
conditions,  such  as  the  pressure  ratio,  suction  gas  temperature,  and  speed  changed  for  the  different  
configurations  for  the  same  sink  and  source  conditions,  a  variation  in  the  efficiencies  and  heat  loss  
could  be  expected.  For  simplicity  and  generality,  this  aspect  was  not  included  in  the  current  study.  
As  mentioned  the  decrease  in  Lorenz  efficiency  with  increasing  source  outlet  temperature,  as  shown  
in   Figure   2,   came   from   a   large   increase   in   the   Lorenz   COP.   This   means   that   there   is   a   greater  
potential  for  high  performance  at  higher  source  outlet  temperatures.  However,  in  order  to  reach  the  
potential,   it   would   be   necessary   either   to   increase   the   number   of   HPs   in   serial   connection   or   to  
optimize  the  components  in  terms  of  pinch  temperature  difference,  isentropic  efficiency,  load  share  
or  heat  loss.    
Comparing  the  configurations  for  a  specific  case  in  Table  3  illustrated  a  difference  in  the  volumetric  
flow   rate   needed.   This   indicates   the   possibility   of   a   trade-off   between   the   COP   and   the   needed  
volume  flow  rate.  Further  to  this,  the  same  possibility  for  a  trade-off  could  be  expected  for  the  needed  
heat  transfer  area  of  the  HEX  connected  to  the  heat  sink.  How  these  trade-offs,  as  well  as  the  number  
of  components  needed,  affects  the  optimal  choice  of  configuration,  can  be  further  analysed  with  a  
more  comprehensive  analysis  of  the  investment  cost  and  the  lifetime  economy.      
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5.   CONCLUSION    
Eight  different  heat  pump  configurations  were  compared  by  their  COP  and  Lorenz  efficiency,  for  12  
sets  of  sink  temperatures  and  30  different  source  outlet  temperatures.  It  was  found  that  configuration  
6,   utilising   two   two-stage   cycles   with   low   stage   DSH   heat   exchanger,   for   most   of   the   considered  
operating  conditions  obtained  the  highest  COP.  Only  at  low  return  temperatures  and  high  source  
outlet   temperatures,   configuration   8,   comprising   of   one   one-stage   cycle   and   one   two-stage   cycle  
with  low  stage  DSH,  obtained  a  higher  COP.  However,  it  was  also  found  that  at  least  three  other  
configurations  at  all  operating  conditions  obtained  a  COP  within  a  limit  of  3  %  less  than  the  highest  
found.  For  a  source  outlet  temperature  of  5  °C  and  sink  temperatures  of  50  °C  /80  °C,  the  needed  
volume  flow  rate  for  each  configuration  was  compared.  Between  the  best  candidates,  configuration  
8  holds  the  lowest  needed  volume  flow  rate,  however  with  approximately  1.7  times  higher  flow  rate  
for  high  stage  compressors.  Further  analysis  may  be  needed  to  distinguish  COP  and  needed  volume  
flow  rate  for  achieving  the  lowest  levelized  cost  of  heat.  
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NOMENCLATURE  
Symbols  
f  
h  
𝑚  
p  
𝑄  
T  
V  
𝑊  
Greek  
𝜂  
𝜐  
Subscripts  
comp  
dis  

  
heat  loss  (-)  
enthalpy  (kJ/kg)  
mass  flow  rate  (kg/s)  
pressure  (bar)  
heating  capacity  (kW)  
temperature  (°C)  
volumetric  flow  rate  (m3/h)  
power  (kW)  
  
efficiency  (-)  
specific  volume  (m3/kg)  
  
compressor  
discharge  

h  
is  
l  
L  
lm  
ref  
v  
Abbreviations    
COP  
DSH  
CON  
SC  
HP  
DH  
  

high  
isentropic  
low  
Lorentz  
logarithmic  mean  temperature  
refrigerant  
volumetric  
  
coefficient  of  performance  
desuperheater  
condenser  
subcooler  
heat  pump  
district  heating    
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ABSTRACT
HFO-1234yf has similar thermodynamic properties to HFC-134a but much lower GWP value. It is
expected as a good candidate to replace the refrigerant HFC-134a in the near future. However, only
very few papers have been published in the past years regarding to this new refrigerant in plate heat
exchangers. This study provides an experimental comparison of refrigerants HFO-1234yf and HFC134a flow boiling in a 6 plates chevron brazed plate heat exchanger. The effects of mass fluxes and
vapor qualities was discussed. The test results show that at the lowest mass flux, liquid thermal
conductivity dominate the heat transfer mechanism and therefore the heat transfer coefficients of
HFC-134a are that those of HFO-1234yf. For higher mass fluxes, in addition to the liquid thermal
conductivity, liquid and vapor viscosity are also important for heat transfer process. The interaction
of these two effects caused the heat transfer coefficients of these two refrigerants are very close.
Keywords: HFO-1234yf, HFC-134a, flow boiling, plate heat exchanger, heat transfer

1. INTRODUCTION
Owing to the global warming effect consideration, the EU has banned the use of refrigerants with
Global Warming Potential (GWP) value higher than 150 in all new Domestic refrigerators and
freezers, Refrigerators and freezers for commercial use and passenger cars starting from 1 January
2015 and 2020 respectively [EU directive 2014/517/EN (2014)]. The study on the replacement of
high GWP refrigerant such as HFC-134a is an important and urgent issue in the coming years.
Recently, a new refrigerant, HFO-1234yf has been developed with similar thermodynamic properties
to HFC-134a but much lower GWP value (GWP equals to 4 in comparing to 1,430 of HFC-134a). It
is expected as a good candidate to replace the refrigerant HFC-134a in the near future. However,
most of the heat transfer and flow performances of HFO-1234yf are still not very clear up-to-date.
Only very few papers have been published in the past years regarding to the flow boiling heat transfer
performance of this new refrigerant. Some of their results are still not in consistent with each other.
Yang et al. (2018) experimentally compared the flow boiling of refrigerants HFO-1234yf and HFC134a in a 4.0 mm circular tube. The test results show that both pressure drop and heat transfer
performance depend on the fluid properties, flow conditions and flow patterns. The major controlling
properties on pressure drops and heat transfer coefficients of flow boiling is strongly depending on
their two-phase flow pattern at various flow conditions. The flow pattern analysis is able to explain
the inconsistency between the test results in the previous published literatures on flow boiling heat
transfer and pressure of refrigerants HFC-134a and HFO-1234yf adequately.
Plate heat exchanger is one of the most common heat exchangers in air condition and refrigeration
systems. It has the advantages of high heat transfer performance and high compactness in
comparing to other heat exchangers. Longo (2012) measured the heat transfer coefficients and
pressure drop during vaporisation of the refrigerant HFO-1234yf inside a Brazed Plate Heat
Exchanger (BPHE). The heat transfer coefficients show great sensitivity to heat flux and outlet
conditions and weak sensitivity to saturation temperature. The tested boiling heat transfer
coefficients are reasonable agree with those predicted by Cooper (1984) and Gorenflo (1993). The
author compared the results to his previous study for HFC-134a. HFO-1234yf exhibits heat transfer
coefficients slightly lower (6-10%) and frictional pressure drop lower (10-18%) than those of HFC134a. Kim et al. (2018) measured the flow boiling heat transfer characteristics of HFO-1234ze(E)
and HFC-134a in plate heat exchangers with different Chevron angles. For a Chevron angle of 60°,
the average heat transfer coefficient of HFO-1234ze(E) is on average 4.7% higher than that of HFC134a and the average pressure drop of HFO-1234ze(E) is also higher than that of HFC-134a
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Owing to the corrugate flow passages inside the late heat exchangers, the flow patterns are much
complicate than those in other heat exchangers. However, there are very few studies regarding to
HFO refrigerants in these heat exchangers have been published in the past years. The heat transfer
mechanism of refrigerant HFO-1234yf in the plate heat exchangers is still not clear. This study
provides an experimental investigation on the flow boiling heat transfer and pressure drop of
refrigerants HFO-1234yf and HFC-134a in 6 plates brazed plate heat exchanger. It is aimed to further
understand the difference on heat transfer characteristics of these two refrigerants in plate heat
exchangers.

2. EXPERIMENTAL METHOD
2.1

Test section

The test section used in the present study is a brazed plate heat exchanger shown in Fig. 1. It
consists of 6 chevron corrugation plates with length 194 mm and width 154 mm. The total height of
the test section is 80 mm. The chevron angle of the corrugation in the plate heat exchanger is 65°
with an amplitude of 2.0 mm. Table 1 lists the detail geometrical parameters of the test section.

Figure 1: Geometric parameters of the test plates
Table 1. Geometrical characteristics of the plate heat exchanger

Plate Length, L (mm)
Plate width, W (mm)
Plate spacing, s (mm)
Plate thickness, t (mm)
Corrugation type
Angle of corrugation (°)
Corrugation amplitude (mm)
Corrugation pitch (mm)
Heat transfer area of a plate (m2)
Number of plates

194
80
2.0
0.28
Chevron
65
2
7
0.0117
6
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2.2

Experimental system

The schematic diagram of the experimental system is shown in Figure 2. It consists of a refrigerant
loop, a heating water loop, a pre-heating water loop and a sub-cooling water loop.
2.2.1

Refrigerant loop

As shown in Figure 2, liquid refrigerant was moved from the receiver by a gear pump, through a flow
meter and entered the preheater. It was heated in the preheater to the required test vapor quality
and flowed into the test section. The two-phase refrigerant was evaporated in the test section by the
heating water provided from the heating water loop. The two-phase refrigerant out of the test section
flowed through a sub-cooler to completely condensed to liquid and flowed into the receiver to
complete a refrigerant cycle.
The refrigerant flow rate was controlled by a variable speed gear pump. A Coriolis type mass flow
meter was placed prior to the preheater to measure liquid refrigerant flow rate. The saturation
temperature of the two-phase refrigerant in the test tube was controlled by the sub-cooler and the
heat transfer rate was adjusted by the temperature and flow rate of the heating water. Thus, the test
saturation temperature, inlet vapor quality, mass flow rate, and heat transfer rate in the test tube
were independently controlled. The saturation temperature of the refrigerant was kept at 30 oC for
all tests.
Two Pt-100 RTDs were setup at the inlet and exit ports of the test section to measure the refrigerant
side inlet and exit temperatures. A pressure transducer was setup prior to the test section to measure
the refrigerant saturation pressure for properties evaluation. The pressure drop through the test
section was measured by a differential pressure transducer installed between the inlet and exit port
of the test section.
2.2.2
Heating water loop
The heating water for the test section of the refrigerant system was provided by a thermostat
reservoir. The temperature-controlled heating water was pumped from that reservoir to the test
section. It transferred heat to the two-phase refrigerant and then flowed back to the reservoir to
complete a close cycle. A gear type flowmeter was placed after pump to measure the heating water
flow rate. The temperatures at the inlet and exit of the test section were measured by two RTDs. The
total heat transfer rate to the refrigerant in the test section was evaluated by using the energy balance
between the water and the refrigerant sides.
2.2.3
Preheating water loop
A thermostat reservoir was used to provide the heating water for the preheater. The temperature at
the inlet and exit of the preheater and the flow rate of heating water were measured by two RTDs
and a gear type flow meter. The total heat transfer rate to the refrigerant in the preheater was
evaluated by using the energy balance between the water and the refrigerant sides.
2.2.4
Sub-cooling water loop
A thermostat reservoir was used to provide the cooling water for the sub-cooler. The temperature at
the exit of the sub-cooler was measured by an RTD to make sure the refrigerant flowing into the
receiver is subcooled.
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Figure 1: Schematic of the experimental setup

2.3
Data reduction
The heat transfer rate in the preheater, qpre was obtained by measuring the heating water flow rate,
! pre and temperature difference between the inlet and exit of the preheater, Tprei-Tpreo.
m

! pre ⋅ cpw ⋅ (Tprei − Tpreo )
qpre = m

Eq. (1)

From the energy balance between the refrigerant and the water sides, the heat transfer rate to the
refrigerant equals to qpre. It consists of two components, sensible heat, qsen and latent heat, qlat. The
vapor quality of the refrigerant leaving the preheater, was calculated from equation (5).

! r ⋅ cpr ⋅ (Trsat − Tri ) + m
! r ⋅ ilv ⋅ xi
qpre = qsen + qlat = m

Eq. (2)

Where Trsat is the saturation temperature of the refrigerant and Tri is the inlet refrigerant temperature.
Since the piping between the preheater and the inlet of the test section was well isolated, the vapor
quality leaving the preheater equals to the vapor quality entering the test section.
The total heat transfer rate in the test section was determined from an energy balance on the heating
water flow in the test section.

! w ⋅ cPw ⋅ (Twi − Two )
qr = qw = m

Eq. (3)

! w , Twi and Two are mass flow rate, inlet and exit temperatures of heating water respectively.
Where m
The heat transferred into the refrigerant caused vapor quality changed in the test section.
! r ⋅ i lv ⋅ Δx = m
! r ⋅ i lv ⋅ ( xo − xi )
qr = m

Eq. (4)

Where ∆x is the vapor quality change in the test section and x0 is the exit vapor quality from the test
section. The vapor quality changes from inlet to outlet was kept at approximately 0.2 for each test.
The average vapor quality xave was defined as the average of the inlet and exit vapor qualities.

x ave =

1
( x i + xo )
2

Eq. (5)

By using the LMTD method, the total thermal resistance (1/UA) was calculated by the logarithmic
mean temperature difference of the refrigerant and water temperatures through the test section per
unit heat transfer rate.
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ΔT
1
= lm
UA
qr
ΔTlm =

Eq. (6)

(Twi − Tro ) − (Two − Tri )
⎛ (T − Tro ) ⎞
ln ⎜ wi
⎜ (T − T ) ⎟⎟
ri ⎠
⎝ wo

Eq. (7)

Where Tro and Tri are the inlet and exit temperatures of the refrigerant respectively.
The total thermal resistance is the summation of the water side, refrigerant side and the plate wall
thermal resistances.

1
1
1
=
+ Rwall +
UA hw Aw
hr Ar

Eq. (8)

Where the hw, hr, Aw, Ar and Rwall are the water side, refrigerant side heat transfer coefficients, heat
transfer areas and plate wall thermal resistance respectively. The modified Wilson plot method as
described by Briggs and Young (1969) was used to evaluate the water side heat transfer coefficient.
By neglecting the plate wall thermal resistance, the refrigerant side heat transfer coefficient was
determined from the overall heat transfer coefficient and the evaluated water side heat transfer
coefficient in equations (6)-(8).
The single-phase refrigerant Nusselt number, Nud was defined as:

Nud =

hr d h
k

Eq. (9)

Where dh is the hydraulic diameter of the plate heat exchanger which defined as twice of the plate
spacing dh = 2s. Refrigerant Reynolds number, Red was defined as:

Red =

Gd h

Eq. (10)

μ

All fluids properties were evaluated from the REFPROP 9.1 by NIST (2013). Table 2 compares
selected properties those related to the present study of these two refrigerants at saturation
temperature of 30 oC. Detail test conditions which including mass flux rate, heat flux and vapor quality
changed in the test section are listed in Table 3. Uncertainties of the measured and derived
parameters are listed in Table 4.
Table 2. HFC-134a and HFO-1234yf properties (at Tsat=30°C)

Properties
Latent heat
Liquid viscosity
Vapor viscosity
Liquid Density
Vapor Density
Prandtl number
Liquid thermal conductivity
Vapor thermal conductivity
Liquid specific heat
Vapor specific heat
Surface Tension

Units
kJ/kg
10-6 N/m2·s
10-6 N/m2·s
kg/m3
kg/m3
dimensionless
10-3 W/m·K
10-3 W/m·K
J/kg·K
J/kg·K
10-3 N/m

HFO-1234yf
141.4
145.6
11.3
1073.9
43.5
3.3
62.0
14.4
1415.9
1085.4
5.6

HFC-134a
173.2
183.5
11.9
1188.0
37.4
3.4
79.1
14.3
1445.8
1064.4
7.4
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2

Table 3. Test condition for flow boiling experiment

Heat flux (kW/m2)
Marked
Range
2.3
2.2-2.4
4.5
4.3-4.8
6.9
6.8-7.1
9.0
8.8-9.3

Mass flux (kg/m s)
Marked
Range
10
9.1-10.8
20
19.9-20.9
30
29.4-31.1
40
39.8-41.0

∆x
range
HFC-134a: 0.194-0.208
HFO-1234yf: 0.238-0.255

Table 4. Uncertainties of apparatus and derived parameters

Apparatuses
Temperature (RTD)
Water flow meter
Refrigerant mass flow meter
Pressure transducer
Differential pressure transducer
Derived parameters
Mass flux, G (kg/m2s)
Vapor quality, x
Heat flux, q" (W/m2)
Refrigerant heat transfer coefficient, hr (W/m2s)

Uncertainty
±0.1 K
±0.1 %
±0.1 %
±0.25 %
±0.065%

Calibration range
0-100 °C
2,180 kg/h
30 g/s
3,500 kPa
10 kPa

±0.2%-1%
±5.9%-9.1%
±5.8%-8.1%
±6.3%-9.5%

3. RESULTS AND DISCUSSIONS
3.1
Single-phase heat transfer coefficients
Fig. 3 compares the single-phase Nusselt number of refrigerants HFO-1234yf and HFC-134a. The
result shows that heat transfer coefficients of HFC-134a are approximately from 1.0-9.3% higher
than those of HFO-1234yf respectively. Those are within the experimental uncertainties range.
100

HFC-134a

70

HFO-1234yf

50
40

Nud/Pr1/3

30
20

10
7
5
4
3

1

2

3

4 5

7

10

20

30 40

Red x 10-2

Figure 3: Single-phase Nusselt number of refrigerants HFO-1234yf and HFC-134a

3.2

Boiling heat transfer coefficients
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Fig. 4 compares the flow boiling heat transfer coefficient of HFO-1234yf and HFC-134a at mass flux
of G=10, 20, 30 and 40 kg/m2s. The flow boiling heat transfer coefficients increase with increasing
mass fluxes and vapor qualities until it reached the dry out condition. Fig. 5(a) shows the heat transfer
coefficient of the HFO-1234yf is around 15% lower than HFC-134a at the lowest mass flux G=10
kg/m2s. Since at the lowest mass flux condition, inertia force was overcome by the surface tension
force, most of the liquid was drained at the intersection of chevron flow passages. There was only a
thin liquid film attach on the plate surface especially for the higher surface tension refrigerant, HFC134a. As proposed by Yang et al. (2018), liquid thermal conductivity dominate the heat transfer
mechanism at this condition. Since the conductivity of HFC-134a is higher than that of HFO-1234yf,
this caused the heat transfer coefficients of HFC-134a are that those of HFO-1234yf.
For higher mass fluxes, G=20, 30 and 40 kg/m2s, owing to the extremely complicate flow paths in
the chevron plate heat exchanger, the flow is at highly turbulent condition. Liquid and vapor flow
mixed together. In addition to the liquid thermal conductivity, liquid and vapor viscosity are also
important for heat transfer process. Since the liquid viscosity of HFC-134a is much higher than that
of HFO-1234yf, the high liquid viscosity retarded the liquid flow and degrade heat transfer
performance. The interaction of these two effects caused the heat transfer coefficients of these two
refrigerants are very close.
4
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hr (kW/m2K)
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0
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Figure 4: Heat transfer coefficients of refrigerants HFO-1234yf and HFC-134a
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CONCLUSIONS
This study provides an experimental comparison of refrigerants HFO-1234yf and HFC-134a flow
boiling in a chevron brazed plate heat exchanger. The effects of mass fluxes and vapor qualities was
discussed. The test results show that at the lowest mass flux, inertia force was overcome by the
surface tension force, most of the liquid was drained at the intersection of chevron flow passages.
There was only a thin liquid film attach on the plate surface especially for the higher surface tension
refrigerant, HFC-134a. Liquid thermal conductivity dominate the heat transfer mechanism and
therefore the heat transfer coefficients of HFC-134a are higher than that those of HFO-1234yf. For
higher mass fluxes, in addition to the liquid thermal conductivity, liquid and vapor viscosity are also
important for heat transfer process. The interaction of these two effects caused the heat transfer
coefficients of these two refrigerants are very close.

NOMENCLATURE
A
dh
G
ilv
L
Nu
q
T
x

2

Heat transfer area (m )
Hydraulic diameter (m2)
Mass flux (kg/m2s)
Enthalpy of evaporation (kJ/kg)
Plate heat exchanger length (m)
Nusselt number
Heat transfer rate (W)
Temperature (K)
Vapor quality
Dynamic Viscosity (Ns/m2)
Density (kg/m3)

μ
ρ
subscript
l
Liquid
r

Refrigerant

cp
f
h
k
𝑚
Re
R
U
xavg
ΔTlm

Specific heat (J/kgK)
Friction factor
Heat transfer coefficient (W/m2s)
Thermal conductivity (W/mK)
Mass flow rate (kg/s)
Reynolds number
Thermal resistance (K/W)
Overall heat transfer coefficient (W/m2K)
Average vapor quality
Log mean temperature difference (K)

i
o
w

Inlet
Exit
Water
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ABSTRACT
Two-phase cooling solutions address thermal management for large heat density electronic applications,
such as power electronics, electric vehicles and server systems. Passive two-phase cooling systems rely
on latent heat of liquid vaporization to displace heat without moving components. Traditionally, fluids like
saturated halogenated carbons potentially with ethers and ketones, as well as water, have been used.
Although water is an excellent working fluid for such applications due to its large heat of vaporization and
surface tension, isolation from electrical components for cooling is necessary. Even in a heat pipe, where
the working fluid is sequestered, there is the potential for leaks, which could ruin the electronic
components. Furthermore, the push towards lower global warming potential (GWP) working fluids has
motivated a search for halogenated olefins for passive two-phase cooling.
The newly developed halogenated olefins can offer effective heat removal with improved reliability and
a smaller footprint than traditional cooling systems. These halogenated olefins are being developed with
characteristics on both excellent safety and environmental attributes, where GWP is less than 10. Having
non-flammable, non-conductive and higher boiling points than traditional refrigerants which is ideal in
applications where excessive pressure buildup is a concern. Their fluid properties allow for direct contact,
or immersion, with electronic components as they possess high resistivity, dielectric constant and
breakdown voltage.
Keywords: Dielectric Property, Electric Vehicle, Electronics, Heat Pipe, HFOs, Immersion, Low GWP,
Refrigerant and Two-Phase Coolant.

1. INTRODUCTION
Traditional heat removal techniques involving natural or forced convection are more complicated and
less effective than employing a two-phase passive solution. The system’s footprint can also be
substantially reduced by removing both extra components and weight, and enable higher heat density
loads with direct contact by using dielectric coolants. These dielectric coolants are more commonly being
evaluated based on their potential to simplify the cooling aspect in many electronic applications.
Advantages of the fluorinated fluids are safety in use and sustainability from an environmental
perspective. Having the characteristics of being non-flammable and having low dielectric constants, low
GWP, no ODP and favorable toxicity profiles are some of the elements that make them suitable for use
in these challenging applications.
With the focus on finding ideal candidates for a wide range of applications, understanding the basis for
evaluating whether a particular fluid has the right characteristics for pool boiling at a working temperature
range is critical to performance. For purpose of this paper, a methodology, Figure of Merit (FOM), was
adopted to screen fluid behavior based on their thermophysical properties which is independent of fluid
flow and geometry. Specifically, two FOMs are used to determine potential performance: 1) a FOM for
incipience boiling and 2) a FOM for critical heat flux. These FOMs determine if a fluid will fall in the
nucleate boiling region, critical for pool boiling heat transfer. Fluorinated fluids, SF30, SF33, SF50,
Vertrel™ XF, SF70 and SF10 were selected and their vapor pressures, surface tensions, heats of
vaporization, vapor density and liquid density in the working temperature range of interest (20 to 120 °C)
along with the resultant FOMs are presented. Out of these fluorinated fluids, only the Vertrel™ XF is not
a newly developed hydrofluoroolefin and as such has a high GWP. However, it is being used a
comparative fluid as it already exists in insulated-gate bipolar transistor (IGBT) applications and has
shown exceptional performance to date.
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2. FLUID SELECTION BASIS
It is conventional to screen fluid candidates for two-phase passive cooling by evaluating appropriate
FOMs for the system, which are functions of their thermophysical properties and independent of system
geometry and flow patterns. This section describes the parameters needed to assess a fluid’s capability
for nucleate boiling by adopting FOMs based on bubble incipience and the critical heat flux (CHF) that
are relevant for pool boiling on a flat surface. Six halogenated carbon fluids where selected for
investigation of their relative attributes for use in these types of applications.
2.1.
Derivation of FOM from Thermophysical Properties
Figure of Merit (FOM) is a metric that is independent of the system geometry and fluid flow. It is a metric
of the fluid itself based on its thermophysical properties. While the specific heat transfer to the boiling
process and from the condensation process are vital to determining an overall performance, a figure of
merit can screen fluids by using the intrinsic thermophysical properties of the fluid. In practice, the figure
of merit contains only fluid property information and can be factored out of the overall critical heat flux
expression. While the exact expression of the FOM can vary from application to application, in general it
is proportional to fluid’s heat of vaporization, surface tension, heat capacity, density, and thermal
conductivity. It is inversely proportional to the fluids viscosity.
In the case of passive two phase cooling, the phenomenon of pool boiling is the mechanism that transfers
heat from the heat source. As such, the boiling domain is dependent degrees of super heat is between
the heated surface and the bulk fluid, ΔT s . Nucleate boiling is the region where bubbles are formed on
the hot surface from a minimum ΔT s at incipience to a maximum ΔT s at the critical heat flux, CHF.
In the case of pool boiling with only natural convection, the incipient lower bound is driven by the surface
tension of the fluid, σ. The incipience mechanism is the creation of gas-liquid embryos that can separate
liquid from vapor. The greater the surface tension, the more likely these bubbles are to form small and
early. Nucleation cannot occur on a wetted surface. Therefore, the closer the wall temperature is to the
saturation temperature of the boiling fluid, the more effective the heat transfer is away from the heat
source via the vaporization process. A mechanical force balance on the gas/liquid interface of an incipient
bubble cavity can be derived such that the excess vapor pressure required to activate a nucleation cavity,
and has been reported by Saylor et al. (1988), and is reproduced below.
𝑃𝑃 𝑠𝑠𝑠𝑠𝑠𝑠 (𝑇𝑇𝑤𝑤 ) − 𝑃𝑃 𝑠𝑠𝑠𝑠𝑠𝑠 �𝑇𝑇𝑙𝑙𝑙𝑙𝑙𝑙 � =

2𝜎𝜎(𝑇𝑇𝑤𝑤 )
𝑟𝑟𝑏𝑏𝑏𝑏𝑏𝑏𝑏𝑏𝑏𝑏𝑏𝑏

Eq. (1)

where Psat is the vapor pressure, T w is the temperature of the heated surface, T liq is the temperature of
the bulk liquid, σ is the surface tension and r bubble is the radius of the bubble, which is a function of the
contact angle and conical angle of concavity, 2𝜑𝜑. Expressions for the bubble radius have been developed
by Tong et al. (1990), where the following was geometrically derived for a bubble embryo activated in a
microcavity and is adopted here.

𝑟𝑟bubble

1/3

(𝛽𝛽 − 2𝜑𝜑)1/2 𝛽𝛽 −1/2
= 𝑅𝑅0 �
�
1 + 𝜑𝜑(2 − 3(𝛽𝛽 − 𝜑𝜑) + (𝛽𝛽 − 𝜑𝜑)3 )

Eq. (2)

where R 0 is the cavity radius at the surface, the top of the conical cavity. In Eq. 2, It is assumed that
there is no contact angle hysteresis, such that the static contact angle and dynamic contact angle are
taken to be the same, 𝛽𝛽. The incipience superheat required can effectively be determined numerically
from Eq. 1 and 2. The smaller the incipience superheat the greater the FOM for nucleate incipience. That
is, fluids can be ranked by the following for incipience.
−1

𝐹𝐹𝐹𝐹𝐹𝐹incipience = �Δ𝑇𝑇s,incipience �

Eq. (3)

where ΔT s,incipience is the incipience super heat.
At the latter end of the nucleate boiling region, at the maximum ΔT s of the nucleate region, the heat
transfer from wall to boiling liquid breaks down as vapor blankets the surface. The CHF is when the
surface tension is overcome and a film of gas separates the liquid from the hot surface to the detriment
of the heat transfer coefficient. At this point, there is a maximum in the heat flux, which is known as the
critical heat flux (CHF). From the CHF, further increases in ΔT s result in a dramatic drop-off of the heat
flux. In this regime, the heat of vaporization is the dominate property variable of the fluid, followed by the
IIR1988).
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do to vaporization. Additionally, the surface tension directly affects the amount of superheat a fluid can
withstand before the CHF is reached. For the purpose of screening and comparing fluids for two-phase
passive cooling, the boiling process can be approximated by pool boiling on a large flat surface. As
shown by Zuber et al. (1963), the CHF can be approximated by the following.
𝐶𝐶𝐶𝐶𝐶𝐶 =

𝜋𝜋
𝜌𝜌 ∆ℎvap �𝜎𝜎𝜎𝜎�𝜌𝜌liq
24 � g

1/4

− 𝜌𝜌g ��

Eq. (4)

where Δh vap is the latent heat of vaporization, ρ i is the density of the fluid in phase i, and g is the
acceleration due to gravity. Once can see that the critical heat flux on a flat surface is directly proportional
to the fluid’s Δh vap and �𝜌𝜌g . These are the primary and secondary drivers for the CHF. Since Eq. 3 is
dependent on fluid properties alone, it can also be used as a FOM for the CHF. That is,
𝐹𝐹𝐹𝐹𝐹𝐹CHF =

𝐶𝐶𝐶𝐶𝐶𝐶
𝜋𝜋⁄24

Eq. (5)

In summary the smaller the ΔT s,incipience and the larger the CHF, the more promising the fluid for twophase cooling.
2.2.
Fluid Screening Results
Although two-phase passive cooling is not a new technology, new low global warming potential dielectric
working fluids are sought to meet the demands of new electronic devices with large heat densities. New
halogenated olefins and provide these requirements, however, most working fluids in this class are highly
wetting as they have low surface tensions, a challenge to overcome. In this contribution we evaluate the
properties, both measured and predicted, of six fluids, five of which being halogenated olefins. These
fluids are presented in Table 1 along with their basic properties. Figs. 1 through 5 are plots of their vapor
pressures, surface tensions, heats of vaporization, vapor density and liquid density in the working
temperature range of interest, 20 to 120 °C.

Figure 1: Vapor pressure of fluids in working temperature range of interest
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Figure 2: Surface tension of fluids in working temperature range of interest

Figure 3: Heat of vaporization of fluids in working temperature range of interest
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Figure 4: Vapor density of fluids in working temperature range of interest

Figure 5: Liquid density of fluids in working temperature range of interest

First, we consider the case of incipience pool boiling, to determine the minimum amount of superheat
needed for the fluid to reach the nucleate boiling regime. As is shown in Eq. 1 and 2, the amount of
superheat, Δ𝑇𝑇s,incipience is dependent on the fluids vapor pressure, surface tension, contact angle, cavity
conical angle and the conical cavity radius at the surface. In Saylor et al. (1988), 𝛽𝛽 = 2.0°, 2𝜑𝜑 = 1.0° and
𝑅𝑅0 = 5e − 7 m are deemed reasonable values, which have been adopted here. For highly wetting fluids,
the incipient bubble radius is less than the cavity radius, where a large super heat vapor pressure is
needed to create the bubble. Fig. 6 depicts the FOM incipience as a function of temperature over the working
temperature range for the 6 fluids.
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Figure 6: FOM incipience of fluids in working temperature range of interest

One can see from Fig. 6 that SF33, SF50 and SF30 appear to be the most promising in terms of the
super heat needed in order for incipience boiling to occur. Interestingly, SF10, which has the largest
surface tension requires the most about of superheat for bubbles to spontaneously occur in microcavities.
This is because its vapor pressure is so small in this region.
Next, we evaluate the fluids in terms of the other side of the nucleate boiling region, denoted by the CHF
in Eqs. 4 and 5. As discussed, the CHF figure of merit is directly proportional to the CHF for boiling on a
large flat surface. The larger the CHF the more superheat can be tolerated before a blanket of vapor
insulates the heated surface. Fig. 7 is a plot of the FOM CHF for the 6 fluids over the working temperature
range.

Figure 7: FOM CHF of fluids in working temperature range of interest

Clearly the heat of vaporization drives this metric, followed by vapor density. In fact, one can see that the
trend in FOM CHF is amount the same as the heat of vaporization. The exception to this is SF10. SF10
has a relatively small vapor density. That said, most of the fluid properties are model predictions based
on preliminary data. Never the less, SF30 and SF33 are clearly strong candidates for passive two-phase
cooling.
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Table 1. Table for selected working fluids

Property

Units

Opteon™
SF30

Opteon™
SF33

Opteon™
SF50

Vetrel™
XF

Opteon™
SF70

Opteon™
SF10

Molecular Weight

g/mol

140

164

264

252

350

362

Boiling Point

°C

29.2

33.4

49.5

55

70.6

110

Freeze Point
Critical
Temperature
Critical Pressure

°C

<-80

<-80

<-80

<-80

<-80

< -80

°C

179

171

170

181

189

240

MPa

3.5

2.9

2

2.3

1.8

1.7

Density @ 25°C

kg/m

1320

1370

1540

1620

1650

1630

cP

0.34

0.39

0.67

0.59

0.77

0.66

MPa

0.0868

0.0737

0.0394

0.0316

0.0168

0.0027

N/m

0.017

0.013

0.012

0.014

0.014

0.018

kJ/kg

192

169

116

127

98.4

119

W/m-K

0.087

0.077

0.073

0.077

0.089

0.072

kJ/kg-K

1.12

1.23

1.03

1.09

0.961

1.02

1/K

0.0018

0.0019

0.0018

0.0013

0.0014

0.0015

None

None

None

None

none

None

kV

TBD (1)

11.5

TBD(1)

32

37

29

Ohm-cm

TBD (1)

5.8E8

TBD(1)

3.8E10

2.1E15

2.2E11

TBD (1)

32

TBD(1)

7.1

1.8

5.16

425

500

TBD(1)

200

TBD (1)

500

0

0

0

0

0

0

2

2

<10
TBD (1)

1650

< 20
TBD (1)

2.5

Viscosity @ 25°C
Vapor Pressure
@ 25°C
Surface Tension
@ 25°C
Heat of
Vaporization @
BP
Liquid Thermal
Conductivity
Liquid Specific
Heat @ 25°C
Coefficient of
Expansion
Flash Point, CC
ASTM D56
Dielectric
Strength, 0.1"
gap
Volume
Resistivity
Dielectric
Constant
Occupational
Exposure Limit
Ozone Depletion
Potential (ODP)
Global Warming
Potential (GWP)

3

ppm

TBD (1) - To be determined
From Table 1 provided above, an overall perspective of each fluid is captured. This table only gives the
thermophysical properties at 25 °C where Figs. 1 through 7 assess them across a broader temperature
range. Other important characteristics of the fluids are described such as dielectric strength, volume
resistivity and dielectric constant which are important aspects in dielectric cooling. Some of the working
fluids are newly developed and have not been fully evaluated, but are expected to be exceptional fluids
in this regard. Also in this table, flash point, occupational exposure and global warming potential are
also key elements which help to address safety and sustainability of the fluid for use in these applications.

3. CONCLUSIONS
The results of this study yielded some interesting learnings for the selection of a working fluid in a twophase cooling application. The latent heat of vaporization has the greatest influence on the FOM CHF
numbers, whereas the surface tension and vapor pressure drive FOM incipience , both of which are indicative
of the performance on a relative basis for heat removal in a specified area, where all other parameters
involving the surface morphology
are held
constant.
The results
of thisCanada,
fluid analysis
suggest that SF30 1556
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and SF33 would be best candidates followed by Vertrel™ XF and SF50. Obviously, there are other
considerations, which have an important influence in selection the working fluid such as the dielectric
properties. Clearly, there would be concern about the electrical insulating ability of SF30 and SF33.
Although this is part of a preliminary fluid screening, it is apparent these newly developed HFOs are
going to play a key role in the future especially as dielectric coolants based on their key value proposition.

NOMENCLATURE
GWP

global warming potential

Δh vap

heat of vaporization (kJ/kg)

ODP

ozone depletion potential

Psat

vapor pressure (MPa)

HFO

hydrofluoroolefin

surface tension (N/m)

FOM

figure of merit

IGBT

insulted-gate bipolar transistor

𝜎𝜎

ΔT s

degrees of superheat (K)

CFH

critical heat flux (W/m2)

P

ρ

density (kg/m3)

g

gravity (9.8 m/s2)

Tw

wall temperature (°C)

T liq

liquid temperature (°C)
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ABSTRACT
Pool boiling is a space efficient method with high heat transfer coefficients for cooling of several
applications, for example power electronics. In previous studies, refrigerants such asFC72 and R113
have been used, which have a high GWP (global warming potential). In this study, the refrigerant
used is 1,1,1,2,2,4,5,5,5-nonafluoro-4-(trifluoromethyl)-3-pentanone or also known by its trade name
Novec 649. It has similar thermal properties as FC-72 and R-113, but has a very low GWP of 1. An
experimental setup is constructed to measure pool boiling heat transfer on a horizontal plate. The
measured boiling curve corresponds to reported measurements of other authors for similar
refrigerants. The measurements are compared with three available correlations from literature on
pool boiling. None of the correlations represent the boiling measurement data with adequate
accuracy.
Keywords: Electronics, Heat Transfer, Low GWP, Pool Boiling.

1. INTRODUCTION
The power density of power electronics is swiftly increasing, due to the need for higher powers while
lowering the weight and volume, for example drivetrains in electric vehicles (Emadi et al., 2008).
Because of the higher power density, the heat dissipation is also increased, resulting in high heat
fluxes. To allow for efficient and safe operation of power electronics, the devices have to be cooled
by means of a very effective heat transfer mechanism. Current state of the art in power electronics
cooling is forced liquid cooling, which features rather large heat sinks and for which cooling
performance can be limited by the thermal interface resistances in the heat transfer path from the
power electronics to the cooling fluid (Chu, 2004). Direct immersion cooling with dielectric fluids can
be an alternative, with reduced size and no thermal interface resistances. Furthermore, two-phase
or boiling immersion cooling features high heat transfer coefficients without having the requirements
of utilizing large heat sinks.
Direct immersion cooling with dielectric fluids has been researched since the 1960’s (Chu, 2004).
However, most measurements in literature report of measurements with water (non-dielectric) and
refrigerants such as FC-72 (perfluorohexane) and R-113 (1,1,1-trichlorotrifluoroethane) which pose
risks to the global climate, due to their high global warming potential (GWP). In recent years, new
refrigerants with very low GWP have been introduced in the market as alternatives for these
refrigerants. Data on the pool boiling performance of these refrigerants is very scarce, and it is not
clear if the proposed correlations based on measurement data with other refrigerants are suitable to
predict the heat transfer performance of these refrigerants.
The refrigerant chosen for measurements in this paper is a fluorinated ketone, known by its trade
name Novec 649. It has a very low GWP equal to 1 and a boiling point of 49°C at atmospheric
pressure, making it an interesting alternative for pool boiling cooling of power electronics. One study
reports on the pool boiling heat transfer of Novec 649 from a heated wire, where similar performance
has been found when compared to FC-72 (Forrest et al., 2009). This paper presents measurements
of pool boiling on a horizontal plate with dimensions representative of a power electronics (IGBT)
module. The boiling curve is measured at different saturation temperatures and compared to three
commonly used correlations from literature.
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2. EXPERIMENTAL SETUP
2.1.

Overview

A schematic overview of the setup is shown in Fig. 1. A sealed reservoir, filled with a two-phase
refrigerant mixture, is heated from the bottom plate, where boiling occurs on a horizontal plane. At
the top, in the vapour phase, the refrigerant is cooled down and condensed on a helical coil in which
a water-glycol mixture is circulated. A chiller is used to decrease the temperature of the water-glycol
mixture at the inlet of the cooling coil to the desired setpoint.

Figure 1: Schematic overview of immersion boiling setup

A 3D and a cross-sectional view of the reservoir is shown in Fig. 2. The reservoir has a length of
176mm, a width of 213mm and a height of 330mm and is made of stainless steel plates with a
thickness of 8mm. Two polycarbonate windows are utilized to be able to visually observe the boiling
phenomena. The bottom plate is made of a PMMA plate with a thickness of 10mm which has a
rectangular opening of 108mm by 47mm. Attached to this opening is an aluminium plate on which
the boiling occurs. This plate has a thickness of 10mm and the aluminium used has a thermal
conductivity of 167W/(mK). The dimensions are chosen in accordance to the dimensions of the base
plate of an inverter used in electric vehicles. The reservoir is made leak tight by welding the stainless
steel plate, bolting the polycarbonate and PMMA plate with silicon sealing mats between the
junctions and applying silicon mastic at the outside of the junctions.
Heating is supplied by a rectangular ceramic heater (150 x 87 x 15.3mm). Since the heated surface
is smaller than the surface of the heater, an aluminium heat spreader is used to conduct the heat
from the larger heater surface to the smaller boiling surface. At the interface of the heater and the
heat spreader and the interface of the heat spreader and the heated plate, thermal paste with a
thermal conductivity of 4W/(mK) is used to decrease the thermal interface resistance. The power
dissipation in the heater can be set from 0W to 875W, resulting in heat fluxes up to 172kW/m². To
minimize the heat losses from the heater to the environment, the reservoir and heater are supported
on a 150mm-thick layer of foam glass insulation (0.05W/(mK)), which can withstand temperatures
up to 430°C. The area surrounding the heater and the heat spreader is insulated with a layer of
ceramic fibre insulation (0.21W/(mK)) with a minimum thickness of 31.5mm, withstanding
temperatures up to 1250°C.
The refrigerant chosen for the boiling measurements in this paper is 1,1,1,2,2,4,5,5,5-nonafluoro-4(trifluoromethyl)-3-pentanone (trade name Novec-649). This refrigerant was chosen because of its
low global warming potential (GWP = 1) compared to refrigerant with similar properties, nonflammability and non-toxicity and because of its low boiling point at atmospheric pressure (49°C).
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Figure 2: 3D view of the reservoir with front plate and window removed (left) and cross-sectional
view of the reservoir(right)

2.2.

Setup control and measurements

Power is supplied to the heating element by a variable DC source, which can supply a voltage
ranging from 0-360V. The heating element is a resistor with a resistance of approximately 61Ω. The
power supply measures the voltage and the current with a respective accuracy of ±0.72V and
±0.06A.
The temperature of the refrigerant in the reservoir is measured at two locations, as shown in Fig. 2.
Two type T mineral insulated thermocouples with a diameter of 1mm are used for the refrigerant
temperature measurements. Due to the heating by the heating plate and the cooling by the cooling
coil, thermal gradients exist in the refrigerant reservoir. For some conditions, the saturation
temperature is not accurately represented by the thermocouple measurements in the reservoir. A
pressure transducer with an accuracy of ±450Pa is implemented to measure the saturation pressure,
which is recalculated to the saturation temperature using the refrigerant properties. This temperature
is used for the measurement analysis. For one set of measurements, the saturation temperature and
pressure is kept constant while varying the heat flux from the heated plate. The desired value for the
saturation temperature is maintained within ±1°C by controlling the inlet temperature of the waterglycol mixture entering the cooling coil.
The temperature of the heated aluminium plate is measured at the interface between the heat
spreader and the heated plate. Five type K mineral insulated thermocouples with a diameter of
0.5mm are used. To fix the thermocouple, 0.5mm wide and deep grooves are milled in the surface.
The temperature is measured at the middle of the heating plate and at five locations equally
distributed over the length. To determine the temperature at the interface of the heating plate and
the refrigerant, the temperature difference over the heated plate is estimated using the dimensions
and the thermal conductivity of the used aluminium. All thermocouples are calibrated in-house,
resulting in a temperature measurement with an accuracy of ±0.1°C.
2.3.

Measurement uncertainty analysis

To analyse the heat transfer behaviour of the pool boiling process, the heat flux from the surface is
analysed in function of the temperature difference between the surface of the heated plate and the
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refrigerant (surface superheat temperature). The heat flux q is determined from the measured
voltage V and current I, divided by the heat transfer surface area A:
=

Eq. (1)

The error on the derived heat flux can be calculated from the errors on the voltage and current
measurement as:
+

=

Eq. (2)

In this equation, δq, δV and δI are the respective error on the heat flux, voltage and current. The
average temperature at the wall in contact with the refrigerant is determined from the average
temperature at the outside of the heated plate and the temperature drop due to conduction through
the plate:
=

∑

,

Eq. (3)
−
5
In this equation, Tw is the average wall temperature, TTC,i is the measured thermocouple temperature,
t is the thickness of the aluminium heated plate and k is the thermal conductivity of the heated plate.
The error on the determination of the surface superheat temperature can be determined as:
−

=

5

Eq. (4)
+
+
=
+
+
5
5
The liquid saturation temperature Tsat is determined from the saturation pressure psat. The maximal
errors on the heat flux and temperature difference are respectively 2.1kW/m² and 0.24°C.

3. RESULTS AND DISCUSSION
The boiling curve is shown in Fig. 3 for a saturation temperature of 35°C. All measurements shown
are of nucleate boiling, measurement points of natural convection are omitted. The measured boiling
curve exhibits similar features as those measured by El-Genk & Bostanci (2003) for saturation pool
boiling of another Novec fluid, HFE-7100. Three different regions with a quasi-linear relation between
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Figure 3: Heat flux as a function of surface superheat temperature for a constant liquid saturation
temperature of 35°C
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surface superheat temperature and heat flux can be perceived. These different regions with different
slopes of the boiling curve can be interpreted by the visual observations of the boiling phenomenon.
In the first region at low heat fluxes, the slope is lowest due to a smaller amount of active nucleation
sites at the surface. In the second region where the slope is highest, nearly all nucleation sites are
active and high heat fluxes can be transferred. With even higher heat fluxes and surface superheat
temperatures, the slope decreases again. This can be explained by the accumulation of larger
vapour bubbles near the surface, obstructing the heat transfer.
The influence of the saturation temperature on the boiling curve is shown in Fig. 4, where boiling
curves are shown for two saturation temperatures: 30°C and 35°C. The measurements indicate that
heat transfer is enhanced by increasing the saturation temperature, which is consistent with previous
measurements reported in literature.
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Figure 4: Heat flux as a function of surface superheat temperature for two liquid saturation
temperatures, 30°C and 35°C

The measured boiling curve for a saturation temperature of 35°C is compared to those predicted by
three widely used but distinctly different correlations for pool boiling: the Rohsenow (1952), Cooper
(1984) and Stephan & Abdelsalam (1980) correlations. For the Rohsenow correlation, the constants
determined by Pioro (1999) for a surface-fluid combination of aluminium and refrigerant R-113 are
used, since no data is available on the constants for the refrigerant used in this study. In the Cooper
correlation, a surface roughness of 5μm is used, which is representative for the boiling surface used
in the experiments. Stephan and Abdelsalam proposed four different correlations for different groups
of fluids, the proposed correlation for refrigerants is used in this comparison. Fig. 5 shows the
comparison of the correlations and the measurement data. Since all correlations predict the relation
between surface superheat and heat flux function with a constant power, none of the correlations
predict a trend corresponding to the measurements. The order of magnitude of the heat transfer
coefficient is predicted fairly by the Rohsenow and Cooper correlations, while it is overestimated by
the Stephan & Abdelsalam correlation. Overall, none of the correlations are able to predict the heat
transfer performance with adequate accuracy.
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Figure 5: Comparison of the measured boiling curve with the boiling curves predicted by the
Rohsenow (1952), Cooper (1984) and Stephan & Abdelsalam (1980) correlation

4. CONCLUSIONS
Pool boiling measurements have been done on a horizontal plate with representative dimensions for
a power electronics module in contact with a low-GWP refrigerant. A sealed reservoir is used to be
able to change the saturation temperature and pressure. The boiling curve is measured and this
corresponds to other measurements found in literature. A higher saturation temperature results in a
higher heat transfer coefficient.
A comparison between measurements and three different correlations from literature is made. The
measurements show a trend of three regions with different slopes in the boiling curve at low,
moderate and high heat fluxes, which is not predicted by any of the correlations. The Cooper and
Rohsenow correlation do predict heat transfer coefficients in the correct order of magnitude, while
the correlation of Stephan & Abdelsalam overestimates the heat transfer coefficient. In general, no
correlation was found to be able to predict the boiling curve with a high degree of accuracy.

ACKNOWLEDGEMENTS
This research was supported by Flanders Make, the strategic research centre for the manufacturing
industry, and the HERMESFONDS in the framework of the Hipercool project (HBC.2016.0463).

NOMENCLATURE
A

heat transfer surface (m²)

Tsat

saturation temperature (°C)

I

heater current (A)

TTC

temperature measured by thermocouple
(°C)

k

thermal conductivity (W/(mK))

Tw

wall temperature (°C)

psat

saturation pressure (Pa)

V

heater voltage (V)

q

heat flux (W/m²)

δ

measurement error (-)

t

heating plate thickness (m)
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ABSTRACT
CO2 is a natural refrigerant whose use agrees with GWP limitations imposed by recent environmental
regulations in Europe. The energy performance indexes may not fulfil the limits imposed by Ecodesign
rules especially in transcritical operation. In this paper, a condensing unit working with R744 is
considered. The target application is the cooling of rooms and convenience stores. It is a two-stage
system working with inverter-driven rotary compressor, liquid receiver, intercooler and intermediate
pressure flash gas extraction. Its cooling capacity is up to 13 kW at an evaporating temperature of -10
°C and ambient temperature of 32 °C. Energy performance is measured according to EN13215
regulation; its seasonal energy performance ratio (SEPR) is over the threshold value of 2.3 applied
since 2018. In this work we report the effect on energy performance of intercooler, thermodynamic
analysis of main factors of influence and a comparison of seasonal performance with a unit designed
for the same application employing a low-GWP class A1 synthetic refrigerant.
Keywords: Refrigeration, CO2, Condensing unit, Two stage, Inverter, Intercooler, SEPR, design
choices, low-GWP.

1. INTRODUCTION
The refrigeration industry is facing in these years significant change, which is necessary to reduce
its impact on global warming. While its indirect contribution to global warming depends on the
technologies adopted, its direct contribution is due to the refrigerant. The F-Gas Regulation
(European Parliament, 2014) and the Kigali Amendment to the Montreal Protocol (UNEP, 2016),
which entered into force on 1/1/2019, are pushing towards substitution of refrigerants with high
GWP (global warming potential). The push is two-fold: some high GWP substances are banned
altogether (depending on the sector), some are disfavoured proportionally to their GWP value. The
result is a quick transition, in progress, towards refrigerants with lower GWP. The definitive solution
will be the adoption of very low GWP or natural refrigerants.
Cooling of fresh products in small shops or restaurants and cold rooms is achieved, often, with
single (split-type or self-contained) refrigerators. For this application, flammability of the refrigerant,
even when limited (such as in A2L blends (ANSI/ASHRAE, 2016)), entails a risk, which needs to
be handled. Low GWP A1 blends and CO2 are not flammable and have large market acceptance
even though, in the case of CO2, a complete redesign of the system is needed with price increase
for the customer.
Among recent studies on this topic, Domanski et al. (2017) explains the trade-off between
flammability, low GWP, volumetric capacity and COP in R-404A replacements; Mota-Babiloni et al.
(2015) discuss how commercial refrigeration units need modifications to improve system efficiency;
Mota-Babiloni et al. (2017) show that the transition to new refrigerants favours CO2 and new
blends which must be tailored on the specific application, as discussed also in drop-in tests by
Olson (2015) and Urbieta (2015) as part of the AHRI Low-GWP ARE program.
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Considering cooling of fresh products in small shops/cold rooms, the purpose of this study is to
evaluate Seasonal Energy Performance Ratio SEPR (European Parliament, 2009) of a two-stage,
CO2 condensing unit with an analysis of the main factors of influence and a comparison with a unit
designed for the same application employing a low GWP A1 refrigerant, R-449A.

2. METHOD
The refrigerator tested is composed of an evaporator (not under evaluation) and a condensing unit
that use R744 (CO2) as a refrigerant. The piping diagram and measurement instruments layout are
shown in Fig. 1. The condensing unit is equipped with a hermetic, inverter-driven, two stage rolling
piston compressor, two fin-and-tube heat exchangers, a receiver (REC), high pressure valve (HPV)
and flash gas valve (FGV). The compressor’s speed can be varied between 30 and 60 RPS while
fans speed is fixed. Both heat exchangers are cross counter flow and they are in series with
regards to air flow. Air passes gascooler first and then intercooler (IC). It is possible to bypass the
intercooler refrigerant side by closing ball valves V1 and V2 and opening ball valve BPV. However,
BPV is closed while V1 and V2 are opened unless otherwise specified. FGV is an electronic back
pressure valve that regulates its opening in order to maintain the set receiver pressure. HPV is an
electronic back pressure valve that regulates its opening in order to maintain the optimal gascooler
pressure depending on temperature and pressure measurement at gascooler outlet. During the
tests shown in this work, the FGV is always forced to be fully open unless otherwise specified. The
receiver and lines are insulated with 9 mm thick rubber except for discharge lines connecting the
compressor with the intercooler and the gascooler. The EEV is the electronic expansion valve that
regulates its opening in order to maintain the set superheat depending on temperature and
pressure measured at evaporator (EV) outlet. The tests are carried out with dry calorimeter method
used by Tammaro et al. (2018) and described in EN13771-2. The refrigerant side thermocouples
are fixed to the copper pipes with insulating tape and insulated with rubber.

Figure 1: Piping diagram and instrument layout
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The air side thermocouples are disposed at a 30mm distance from the surface of the heat
exchanger (air inlet) or fan protective cover (air outlet). 6 thermocouples are located on the
external and 4 on internal cold room surfaces in order to measure, respectively, Tamb and Tc as
mean values. They measure air temperature at 10 mm distance from the cold room surface. 3
temperature measurements are made on top (Ttop), middle and bottom (Tbot) of compressor case.
The middle point is representative of the motor winding (Twin) temperature.
In each test, ambient temperature (Tamb), evaporating temperature (Tev), position of BPV and
compressor speed n are fixed. At the beginning of each test, the climatic chamber’s HVAC system
is turned on in order to reach the set Tamb and then the condensing unit is turned on at fixed
compressor speed n. In a first phase the cold room temperature Tc is pulled down to reach a lower
Tev than the desired value. In a second phase a variable capacity heater (H) positioned inside the
cold room is turned on. Its power is varied at 100 W steps until the steady state conditions are
reached at the desired Tamb and Tev. The steady state conditions are recorded for at least 30
minutes and during this phase the allowable fluctuations of ambient and cold room temperature
stay within ±1°C and ±0.5°C, while the power absorbed by heaters varies within ±1%. After each
test, the mean value of all measurements is calculated during the steady state period. The cooling
capacity (Qev) of condensing unit balances, during the steady state period, the heat furnished by
heaters (Pheater) and the heat exchanged between cold room at Tc and climatic chamber at Tamb as
in Eq. (1).
Eq. (1)
The heat leakage factor UA [W K-1] is determined with a calibration test according to EN13771-2
prior to the tests shown in this work. COP is evaluated using Eq. (2).
Eq. (2)
Cooling capacity (Qev), electrical consumption of the unit (Pel) and COP are measured with a
maximum uncertainty of 1.1% on COP (Moffat, 1988).
According to EN13215, Qev and COP must be measured in 4 different conditions (named A, B, C
and D) and results must be corrected considering enthalpy (h) and density (ρ) with 10K superheat
at the condensing unit inlet (point 1 in Fig. 1), in order to present performance data and evaluate
the SEPR. Qev,cor and COPcor are calculated with the Eq. (3) and Eq. (4) respectively.
Eq. (3)
Eq. (4)
Once the tests at conditions A, B, C and D are carried out, the SEPR is evaluated with the Eq. (5)
according to EN13215. Qdm,MT is the cooling demand [W]; the symbol d is the duration of each
binned ambient temperature j, measured in hours. To each ambient temperature corresponds its
COP, indicated by COPcor,SEPR,j.
Eq. (5)

3. RESULTS
12 tests are carried out with different ambient temperatures, evaporating temperatures,
compressor speeds and intercooler usages in order to analyse the influence of each variation on
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thermodynamic cycle and to evaluate the SEPR. In Table 1 all tests are listed and divided in
different “analyses” for a simpler discussion.
3.1.
Thermodynamic analysis
To compare the effect of ambient temperature on the unit performances, tests #1, 5, 8, 9, 10, 11
and 12 are considered; they are carried out at different evaporating temperatures (three at Tev= 10°C and three at Tev = -20°C) with n = 60Hz and IC = yes.
In Fig. 2 thermodynamic cycles of the considered tests are shown, with test numbers reported in
the key.
Table 1. Test matrix

#

Analysis
Tev

Tamb

Tev

Tamb

n
Intercooler
effect

Tev
Tamb
Tev

SEPR

Intercooler
effect

Tamb

Tev

n

Intercooler

[°C]

[°C]

[Hz]

1

32

-10

60

Active (Yes)

2

25

-10

51

yes

3
4

5
15

-10
-10

36
44

yes
yes

5

15

-10

60

yes

6

15

-10

30

yes

7

25

-10

51

Bypassed (no)

8

25

-10

60

yes

9

25

-20

60

yes

10
11

5
32

-20
-20

60
60

yes
yes

12

15

-20

60

yes

(a)
(b)
Figure 2: Thermodynamic cycle on p-h diagram of tests at different ambient temperature Tamb(a)
Tev= -10°C IC = yes n = 60Hz (b) Tev= -20°C IC = yes and n = 60Hz
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For Tamb below 15°C the thermodynamic cycle is subcritical while for Tamb equal to 25°C and 32°C it
is transcritical; this is due to CO2 critical temperature and pressure of 31°C and 73.77 bar
respectively. At a fixed Tev the evaporator inlet quality increases with the increase of Tamb, because
of the higher pressure at the inlet of EEV. In transcritical tests the temperature difference between
ambient and gas cooler refrigerant outlet (T7-Tamb) ranges from 5 to 7.5K: lower values allow higher
temperature of evaporation with advantages both on capacity and COP. Discharge temperatures of
first and second compressor stage (T3 and T6) increase both with ambient temperature; this is due
to higher pressure ratio. The desuperheating effect between the first stage discharge (point 3 on
Fig. 1) and the second stage suction (point 5 on Fig. 1) is obtained with intercooler and flash gas
injection (FGV) effects. In fact, the mass flow rate at compressor first stage discharge goes to
intercooler where it is cooled by ambient air; afterwards, it mixes with colder vapour at receiver
pressure prec, extracted from receiver through FGV. The difference between intermediate pressure
pint and prec is within 2 bar in all tests. Considering as a reference test 5, which is characterized by
maximum cooling capacity (Qev,max) and COP, in Fig.3 dimensionless Qev and COP are shown for
the same tests considered in Fig.2. The test number (see Table 1) is displayed at the top of each
point. The highest cooling capacity and COP are found at the highest Tev and lowest Tamb.
Cooling capacity at each Tev, decreases of about 20% from the maximum value (test 5 to test 1
and test 12 to test 11) with ambient temperature increase; this is due to the higher vapour quality at
evaporator inlet and lower compressor volumetric efficiency for higher pressure ratio. Test 10 to 12
is an exception, partly due to 1.4K lower evaporating temperature in test 10 compared to test 12
(Fig.2b).While cooling capacity does not show a linear behaviour, COP decreases with ambient
temperature increase reaching, in test #1, 57% of the reference test’s value at Tev= -10°C, while
from test 10 to test 11, COP decrease is about 50%. In Fig. 4 pressure vs enthalpy thermodynamic
diagrams of tests 8 and 9 are shown to compare evaporating temperature effect on thermodynamic
cycle.

(b)
(a)
Figure 3: Dimensionless cooling capacity (a) and COP (b) vs Tamb with IC=yes andn=60Hz.

Figure 4: Thermodynamic cycle on p-h diagram of tests 8, 9 at different evaporating temperatures
Tev with Tamb=25°C, IC=yes and n=60Hz.
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For lower Tev the discharge temperatures from both compressor stages (T3 and T6) are higher, this
is due to the higher pressure ratios and lower suction density at both compression stages.
Receiver pressure prec is lower at Tev= -20°C. This leads to a lower quality at the evaporator inlet
and, at the same time, an increase of evaporator enthalpy variation; nevertheless, the decrease of
evaporator mass flow rate caused by lower density at compressor inlet and lower volumetric
efficiency leads to a lower cooling capacity in test 9.
Compressor speed effect can be analysed considering tests #4, 5 and 6; they are carried out at
Tamb= 15°C, Tev= -10°C, IC = yes. In Fig.5a a pressure vs enthalpy thermodynamic diagram of
considered tests is shown.
During these tests, unit works in subcritical state. An increase of compressor speed leads to an
increase of cooling capacity because of the increase of mass flow rate. In test 5, compressor
suction temperature T2 is higher than in tests 4 and 6, which leads to higher discharge temperature
values T3 also because of the higher pressure ratio. In subcritical tests, HPV regulates its opening
in order to maintain the set subcooling (4K) at gascooler outlet; at the same time the heat
exchanged in gascooler increases with the compressor speed which leads to a higher gascooler
pressure.
In Fig. 5b dimensionless Qev, Pel and COP are shown versus dimensionless compressor
speed
. COP decreases from maximum value COPmax at
= 0.5 to 90% of COPmax at
= 1, this means that the increase of Pel with speed is higher than Qev increase due to lower
mechanical efficiency of the compressor. Compressor case temperatures increase with speed
because of higher Pel and refrigerant temperatures at suction and discharge of both compressor
stages. To analyse the effect of the intercooler presence on unit’s performances, tests 2 and 7 are
chosen; they are carried out at Tamb=25°C, Tev=-10°C and n=51Hz. In test 7, the intercooler is
excluded opening BPV and closing ball valves V1 and V2. Thermodynamic cycle of considered
tests on pressure vs enthalpy diagram is shown in Fig.6.In test 7 the discharge temperatures from
both compressor’s stages are higher than that measured in test 2. In the first stage the higher
value of discharge temperature T3 is caused mainly by the higher value of pint without intercooler;
while second stage discharge temperature T6 is higher due to the lower density at suction due to
the absence of intercooler. This leads to higher compressor’s case temperatures without
intercooler.

(a)

(b)
-

Figure 5: Thermodynamic cycle on p-h diagram (a) and dimensionless cooling capacity (Qev Qev max
1
-1
-1
), power input (PelPel max ) and COP vs n nmax (b) of tests 4, 5 and 6at different compressor speeds
n with Tamb= 15°C, Tev= -10°C and IC = yes.
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Receiver pressure (prec) in test 7 is higher than in test 2, this is caused by the absence of the
intercooler volume which leads to accumulation of charge in the receiver; higher receiver pressure
leads to a higher quality at evaporator inlet causing a decrease of evaporator enthalpy variation.
This, coupled with a lower volumetric efficiency, caused by higher first stage pressure ratio in test
7, causes a reduction of cooling capacity of 9% with the same power consumption.
3.2.
SEPR comparison
In this section the tests at rating point A, B, C and D according to EN13215 (1, 2, 3 and 4 from
Table 1) of the CO2 (GWP = 1) condensing unit, that will be called “unit 1”, are compared to the
same tests carried out on a single stage condensing unit equipped with R449A (an HFC/HFO
blend with GWP = 1397), following called “unit 2”. The main features of both units are listed in
Table 2.
The SEPR is evaluated with Eq.(5) and it is similar for both units (less than 2% higher for the CO2
unit which scores 3.07). This means that the CO2 unit has same efficiency of the low GWP unit but
with a more complex architecture.

4. CONCLUSIONS
In this work an experimental campaign of a two stage CO2 condensing unit was presented. The
unit was equipped with intercooler, a hermetic rolling piston compressor with inverter. Following the
test method indicated in EN13771-2, 12 tests were carried out with different combinations of Tev,
Tamb, compressor speed and intercooler usages. First, it was found that the cooling capacity and
COP decreased with ambient temperature increase, up to 20% and 57% respectively. Then,
compressor speed influence was studied; COP decreased with compressor speed increase.
About intercooler influence, it was found that cooling capacity without intercooler was 9% lower
than with intercooler. Finally, SEPR was evaluated according to EN13215 and compared to
another unit designed for the same application that employs low-GWP refrigerant R-449A. The unit
used for comparison had a single stage, fixed speed semi-hermetic reciprocating compressor. It
was found that SEPR values were similar for both units, although this conclusion cannot be
reduced to the different refrigerants employed. In fact, the CO 2 unit has a more complex and more
expensive architecture than the other equipped with R-449A. On the other hand, the CO2 unit has
more longevity because, being a natural refrigerant with GWP = 1, it represents a refrigerant
choice not subject to any restriction by current and foreseeable future legislation.

Figure 6: Thermodynamic cycle on p-h diagram of tests with Tamb=25°C, Tev=-10°C and n=51Hz
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Table 2. Characteristics of compared units

Unit 1

Unit 2

Refrigerant

CO2

R449A

Compressor type

Hermetic rolling piston double
stage (20.8 and 14.6 cm3)

Semi-hermetic reciprocating
single stage (475 cm3)

Capacity control

Stepless (with inverter)

Fixed (no inverter)

Intercooler

Yes

No
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ABSTRACT
HFO-1234yf has been functioning as a low global warming potential (GWP) replacement for HFC134a in refrigeration and air conditioning applications. Its viability has been proven as a pure fluid
and in refrigerant blends. Once such blend is R-513A, an azeotropic blend of HFC-134a and HFO1234yf. A long term, continuous study on a commercial stationary refrigerator was conducted with
R-513A refrigerant. The original HFC-134a refrigerant was replaced with R-513A in a 2-door
commercial reach-in refrigerator and operated continuously for over 6 years. Energy usage and
system parameters were continuously measured and compared to the original baseline operation
with R-134a. The refrigerant and lubricant samples were collected for chemical and physical
analyses and the compressor was removed for visual and metrology analysis. This paper reports
the results of the longest continuous known test to date for R-513A in a refrigeration system, which
will be used to validate the long-term viability of HFO refrigerants and R-513A in stationary
refrigeration applications.
Keywords: Chemical Analysis, Commercial Refrigerator, Compressor, Energy Consumption,
Lubricant, Performance, Polyolester, R-1234yf, R-513A, Refrigerant, Stability

1. INTRODUCTION
The phase-out of CFC and HCFC refrigerants, such as R-12 and R-22, has been completed or in
progress under the Montreal Protocol. The subsequent transition to HFC refrigerants, such as HFC134a, has led to non-ozone depleting refrigerants. To satisfy new environmental regulations now
requiring refrigerants with a lower Global Warming Potential (GWP), HFO refrigerants such as HFO1234yf can offer comparable performance to the incumbent HFCs with reduced environmental
impact. With a very low GWP value <1, R-1234yf and subsequent refrigerant blends offer large GWP
reductions. One such commercial refrigerant, R-513A, is an HFO-1234yf / HFC-134a, nonflammable
refrigerant blend. This refrigerant offers a 56% reduction in GWP from R-134a from 1300 to 573.
Recently, R-1234yf and R-513A have been successfully installed in numerous HVACR systems
worldwide. To study the long-term performance and stability of R-513A in a system, a commercial
R-134a stationary refrigerator was tested with R-134a, R-1234yf, and R-513A and evaluated for
performance. Following this study, the refrigerator was continuously operated for 6 years using R513A refrigerant. Energy usage and dry bulb temperature data was monitored during operation. The
refrigerator was recently shut down, the refrigerant and oil were recovered for physical and chemical
analyses, and the compressor was removed for wear analysis.

2. SYSTEM CONVERSION AND DECOMMISSIONING
2.1.

System Conversion
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A McCall refrigerator, Model #2-2045GD, was installed in the lab space of the Chemours
Refrigerants Testing Center in Wilmington, DE. Lower GWP R-134a replacement refrigerants were
tested to evaluate performance in the refrigerator including R-1234yf and R-513A. Physical and
chemical properties of R-134a, R-1234yf, and R-513A are given below in Table 1.
Table 1: Physical and chemical properties for R-134a, R-1234yf, and R-513A

Name
Chemical Formula /
Composition
Molecular Weight
Normal Boiling Point,°C
Sat Vap Pres (kPa) @
20 °C
Sat Vap Pres (kPa) @
60 °C
Critical Temperature, °C
GWP (AR5) CO2 = 1.0

R-134a
1,1,1,2
Tetrafluoro
ethane

R-1234yf
2,3,3,3
Tetrafluoro prop1-ene

R-513A

CF3CFH2

CH2=CFCF3

56.0 / 44.0

102
-26.1

114
-29.4

108.4
-29.2

571.7

591.7

616.8

1682

1642

1743

101.1
1300

94.7
<1

96.5
573

R-1234yf /
R-134a

Standard industry guidelines were followed in the system conversion from R-134a to all testing fluids.
Refrigerant and oil was evacuated from the system, then charged with new refrigerant. System
modifications were minimal, which included temperature, pressure, and energy consumption
monitoring and an oil level sight glass on the compressor. Following completion of performance
testing, the refrigerator operated continuously with R-513A refrigerant for 6 years. The refrigerator
operated indoors with the surrounding room temperature subject to normal building indoor climate
control.
2.2.
System Decommissioning and Refrigerant, Lubricant, and Compressor Analysis
Upon shutting down of the test unit after 6 years of operation, refrigerant and oil were recovered.
Samples of each fluid were evaluated by chemical analysis. Condition analysis of the compressor
was performed by an external engineering service company with expertise in evaluating
compressors of this type.

3. RESULTS AND DISCUSSION
3.1.

System Performance
Thermodynamic cycle analyses were completed for R-134a and R-513A, the results are shown in
Table 2. Cycle conditions for both fluids matched the operating conditions for R-134a. The following
were used in cycle analyses: -2.6°C evaporator, 2.2K superheat, 43.3°C condenser, 2.9K
subcooling, 70% compressor isentropic efficiency.
Table 2: Thermodynamic cycle analyses for R-134a and R-513A

R-134a
R-513A

COP

COP to
R-134a

CAP
(kJ/m3)

CAP to
R-134a

Psuct
(kPa)

Pdis
(kPa)

Tdis
(°C)

Tglide
(°C)

3.308
3.213

100%
97%

1852
1878

100%
101%

267
294

1111
1164

62
56

0
0

At these operating conditions R-513A was modeled to have 3% lower COP and 1% greater
volumetric capacity than R-134a. Both suction and discharge pressures for R-513A were slightly
greater than those of R-134a. Being an azeotropic mixture of R-134a and R-1234yf, R-513A exhibits
0°C glide. Operating and performance data from the refrigerator is shown below in Table 3.
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Table 3: Operating and performance of R-134a and R-513A

R-134a
R-513A

EC
(kWh/day)

EC to
R-134a

Mass Flow
(kg/s)

Psuct
(kPa)

Pdis
(kPa)

CR

Tdis
(°C)

13.57
14.03

100%
103%

7.36E-03
8.72E-03

234
260

1202
1281

5.1
4.9

79
76

The information above was collected in a constant temperature room set to a 32.2°C dry bulb
temperature. As in the thermodynamic cycle analysis, the suction and discharge pressures for R513A were slightly greater than those of R-134a. The energy consumption was similar, with about
3% higher energy consumption for R-513A. Operating discharge temperatures were similar as well.
R-513A offers a non-flammable, low GWP replacement to R-134a with similar operating parameters
and performance.
Following refrigerant testing at 32.2 °C, the test unit was moved to an open lab space subject to
building temperature control changes. The refrigerator was in continuous operation with R-513A for
about 6 years between 2013 and 2019. Fig. 1 below shows daily energy consumption comparing
periods in 2015 and 2018.

Figure 1: Daily energy consumption using R-513A, 2015 and 2018

In both 2015 and 2018, there was a correlation between daily energy consumption and dry bulb
temperature of the space; as dry bulb temperature increased and decreased, energy use increased
and decreased as well. Furthermore, energy use was similar between both of these sampling
periods; average energy consumptions differing by less than 2%. Average dry bulb temperatures for
2015 and 2018 differed by about 1.8 °C. Continuous, long-term refrigerator operation with R-513A
produced consistent performance.

3.2.

Recovered Refrigerant and Lubricant Analysis
Following 6 years of operation, the refrigerant and lubricant were recovered. An impurity analysis of
the recovered R-513A refrigerant is reported in Table 4. The analysis was performed on a gas
chromatography/flame ionization detector/mass spectrometry (GC-FID/MS).
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Table 4: Impurities of recovered R-513A by GC-FID/MS after 6 years

Impurity in Recovered XP10
HFC-32 & HFC125
HFC-143a
HFC-134
HFC-152a
HFO-1225ye(Z)
HFC-161
HFO-1243zf
HCFC-22
HCFC-124
HCFC-31
Isobutane
Isobutene
Unknowns/Small Others
R-513A Purity

ppm, wt
3
58
583
36
4
7
1
131
1
2
2
3
8
99.916%

R-513A purity composition was measured on a gas chromatography/thermal conductivity detector
(GC/TCD), with results in Table 5 below.
Table 5: Composition of recovered R-513A by GC/TCD after 6 years

R-134a
44.63%

R-1234yf
55.37%

GC-FID/MS analysis (Table 4) showed overall purity of R-513A after 6 years of continuous running
to still be quite high with less than 0.09% of total impurities observed. R-513A impurities are
consistent with normally observed byproducts of HFO-1234yf and HFC-134a, indicating low
decomposition occurring. Slight amounts of hydrocarbons were detected due to the presence of oil
in the system. The refrigerator was utilized in testing programs with many refrigerant candidates
prior to R-134a / R-1234yf. Such test refrigerants may not have been completely removed in the
evacuation process, which could have contributed to other HFC and HCFC impurity levels that were
measured.
A normalized breakdown of the R-513A composition by GC/TCD (Table 5) after recovery displayed
very little component change, an indication of refrigerant stability. The ASHRAE Standard 34
composition tolerances for R-513A are 56.0% / 44.0% (±1.0% / ±1.0%), which were satisfied by the
GC/TCD results.
Table 6 contains the analysis of R-513A and recovered polyol ester (POE) lubricant for acidity by
acid titration, as well as fluoride and chloride levels by ion chromatography (IC). Virgin oil was also
analyzed to compare with used lubricant.
Table 6: Recovered R-513A with oil and acidity concentration after 6 years

Acidity
a

Anion, ppm
Sample
FClRecovered R-513A
<MDL
1.08
Virgin POE Oil
<MDL
<MDL
Recovered oil from R-513A system
<MDL
3.43
a
Anion MDLs: Fluoride, Chloride = 0.20 ppm, 0.30 ppm
b
HCL eq MDL: 0.16 ppm (blank)
c
TAN MDL: 0.08 mg KOH/g

HCL eq
ppm
0.51

b

TAN c
mm KOH/g
<MDL
0.11

The lubricant was observed to have a slight yellowish color as compared to the clear virgin POE
although transparency was still high indicative of low turbidity (Fig. 2). Both refrigerant and recovered
lubricant decompositions were minimal, displaying only low levels of chloride ions and very low
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acidity consistent with standard operation of the compressor and other system components
compared to controls.

Figure 2: Comparison of virgin and recovered POE oil after 6 years of continuous running

To analyze compressor wear in the hermetic refrigeration system, the lubricant was submitted for
trace metal analysis by inductively coupled plasma optical emission spectroscopy (ICP-OES).
Results are presented in Table 7.
Table 7: Analysis of recovered POE oil using ICP-OES

Al
As
B
Ba
Bi
Ca
Cd
Co
Cr
Cu
Fe
K
Li
Mg
Mn
Mo

Virgin
POE Oil
(ppm)
17.1
<1
<1
<1
<1
9.25
<1
<1
<1
<1
1.32
<1
<1
19.9
<1
<1

ICP-OES Analysis for Trace Metals
Virgin
Recovered Oil
POE Oil
(ppm)
(ppm)
<1
Na
<1
<1
Nb
<1
<1
Ni
<1
<1
P
7.23
<1
Pb
<1
1.11
Sb
<1
<1
Si
<1
<1
Sn
<1
<1
Sr
<1
1.69
Ta
<1
1.11
Ti
<1
<1
V
<1
<1
W
<1
<1
Zn
<1
<1
Zr
<1
<1

Recovered Oil
(ppm)
<1
<1
<1
<1
12.2
<1
<1
<1
<1
<1
<1
<1
<1
<1
<1

All values were low and consistent with standard operation of the compressor and other system
components. Trace metal content from the lubricant used in the system for 6+ years was comparable
to that found in virgin oil of similar type and gave no indication of significant compressor wear,
metallurgic, or lubrication issues.
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3.3.

Compressor Tear Down Analysis

3.3.1. Overall engineering firm conclusion
“In NES engineer’s opinion, using R-513A refrigerant for six+ years does not appear to have an
adverse effect on all of the different materials used in the manufacture of the EMBRACO ASPERA
compressor. In our opinion, the use of R-513A refrigerant has a similar effect on compressor wear
when compared to compressors using R-134a refrigerant.”
3.3.2. Tear down analysis – running conditions and procedural details
As mentioned prior, the refrigerator was operated in a controlled temperature environment for
performance data collection. Running conditions for R-513A at the 32.2 °C dry bulb temperature are
given below in Table 8.
Table 8: R-513A running conditions, 32.2°C DBT

Discharge Pressure, kPa
Discharge Temperature, °C
Suction Pressure, kPa
Suction Temperature, °C
Superheat, °C
Refrigerator Box Temp, °C

1093 - 1325
45.7 - 78.3
228.5 - 384.2
9.4 - 46.1
14.7 - 42.9
0.8-5.6

Operating conditions during the continuous 6-year run time were subject to normal indoor building
temperatures. Data acquisition for the 6-year operation included energy consumption, compressor
discharge temperature, and dry bulb temperature measurement. Temperature ranges were as
follows: 15.1 – 26.7 °C dry bulb temperatures, 31.4 – 48.0 °C discharge temperatures.
Upon refrigerator decommissioning, the OEM compressor, Embraco Aspera model T6217Z, was
removed and sent to an engineering firm for tear down analysis. The compressor was cut open and
separated into components. Each component underwent microscopic analysis. Observations of
each wear surface were completed from 0.5X to 50X magnification. Images of the crankcase and
piston assembly are shown in Fig. 3.

Figure 3: Compressor crankcase bore - 10X (left), piston - 10X (middle), crankshaft - 2X (right)

3.4.
-

-

Summary of Visual and Metrology Analysis
The roundness and surface finish measurements performed on the used EMBRACO ASPERA
Compressor, S/N T6217Z, found no significant wear issues. The compressor components
appear in very good condition with light wear found on the plain bearings contact surfaces. No
corrosion or surface degradation are observed on any of the compressor components.
Compressor cast iron case had no notable corrosion or degradation. Gasket material in motor
housing, along with wires and connectors, were in good condition.
Crankcase, which houses the piston bore and piston, were in good condition with no significant
degradation. Bore surfaces show no significant wear from lubricant.
The connecting rod assembly showed light wear and minor scratches and a slightly aged, darker
color on the copper portion. The aluminum portion of the plain bearing showed similar wear with
no notable corrosion or degradation. Fine contamination particles, including some welding bead
particles, caused slight scratching of the bushing material.
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-

Wrist pin showed minor scratches as well.
Crankshaft had light rub and wear. No significant wear found on wrist pin and crankshaft.

4. CONCLUSIONS
R-513A has been shown to be a viable replacement for R-134a in refrigeration systems. Energy
consumption was measured to be within 3% of R-134a, while offering a non-flammable alternative
that achieves a 56% GWP reduction from 1300 for R-134a to 573. The 6-year study displayed
sustained performance over long-term operation. Refrigerant and lubricant analysis showed no
significant signs of refrigerant breakdown or contamination. Compressor wear analysis concluded
no significant degradation or unusual wear.
With the continuing transition of HVACR systems to HFO refrigerants and blends, it is imperative to
understand long-term operational effects on these systems. These refrigerants balance
performance, environmental sustainability, and safety. R-513A is one example of how extended HFO
blend use can reduce environmental impact while maintaining comparable performance in a long
running system.

NOMENCLATURE

CAP

Volumetric cooling capacity; the amount
of heat transferred respectively at the
evaporator or condenser (including the
compressed vapour superheat and COP
liquid sub-cooling) per unit volume of the
working fluid entering the compressor

CFC
DBT
GWP
HFC
Pdis
Tdis

Chlorofluorocarbon
Dry-Bulb Temperature (°C)
Global Warming Potential
Hydrofluorocarbon
Compressor discharge pressure (kPa)
Compressor discharge temperature (°C)

Coefficient of Performance for
cooling; ratio of the heat absorbed at
the
evaporator
or
condenser
(including the compressed vapor
superheat and the liquid sub-cooling)
and the work of the compression
CR
Compression ratio
EC
Daily energy consumption (Wh/day)
HCFC Hydrochlorofluorocarbon
MDL
Minimum detection limit
Psuct
Compressor suction pressure (kPa)
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ABSTRACT
Refrigerators and heat pump systems represent a significant contribution to the global warming
phenomenon, due to direct greenhouse gas emissions in case of leakages and plants
dismantlement. For this reason, there is an increasing interest from the scientific community and
the manufacturers towards low-GWP refrigerants. Among them, R448A and R452A are two
attractive solutions for the next future as possible replacements of R404A. However, few data on
two-phase heat transfer and pressure drop are currently available in open literature. This paper
therefore presents flow boiling heat transfer and pressure drop experimental data of refrigerants
R448A and R452A in a horizontal stainless-steel tube with an internal diameter of 6.0 mm. The
effect of the operating parameters in terms of mass flux (from 150 to 600 kg m-2s-1), heat flux (from
10 to 40 kW m-2) and saturation temperature (from 25 to 55 °C) are presented and discussed.
Keywords: Two-phase flow, heat transfer coefficient, R452A, R448A.

1. INTRODUCTION
The presence and stability of harmful substances such as volatile organic compounds,
chlorofluorocarbons (CFCs), and hydro-chlorofluorocarbons (HCFCs) in the lower atmosphere has
increasingly threatened the environment, as well as people's health and safety, over the last two
centuries. This is mainly the result of the leakage of refrigerants, industrial and vehicular exhaust
gases, and aerosols into the atmosphere. The role of the refrigerants is of primary importance. The
recent European F-Gas Regulation (Regulation (EU) No 517/2014) has been issued with the aim
to achieve a consistent reduction of the greenhouse gas emissions and to promote the utilization of
eco-friendly refrigerants, imposing more and more stringent limits on the use of HFC refrigerants,
attaining a limit in 2030 equal to 21% of the current equivalent CO2 emissions. Apart from natural
refrigerants as ammonia, carbon dioxide and hydrocarbons, the chemical industry proposes
different alternative low-GWP fluids. In particular, new blends R452A and R448A are developed to
be a drop-in substitute of R404A in air-cooled applications as well as for on-road applications.
R452A is an HFC/HFO mixture (R32/R125/R1234yf, with 11%/59%/39% as weight composition),
and is non-toxic and non-flammable, having the same classification (A1) as R404A, having a GWP
equal
to
2140
over
a
100-year
time
span.
R448A
is
composed
of
R32/R125/R134a/R1234yf/R1234ze(E) (26/26/20/21/7 in % mass), resulting non-flammable and
GWP of 1205.
As suggested by Li (2017), R452A, is an alternative to R404A also in food-transport refrigeration
systems. Due to its low GWP the use of R452A can reduce carbon emissions by between 5% and
15%. Thanks to its thermodynamic characteristic, experimental investigations and on-field studies
have shown that vapor compression cycles using R452A for on-road and marine refrigeration units
provide similar capacities and performances when compared to conventional systems employing
R404A (Kujak et al., 2015). Furthermore, when used as drop-in of R404A, R452A is able to avoid a
complete redesign of the compressor and other principal cycle components (Zgliczynski and
Sedliak, 2015).
As shown by recent theorical and experimental studies, R448A can substitute usefully R404A in
various kind of applications. Mota-Babiloni et al. (2014) theoretically analyzed six R404A
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alternatives considering different configurations of vapor compression cycles obtaining higher
system efficiency with R448A. Better efficiency with respect to R404A results also in the research
of Yana Motta et al. (2014) in which R448A is the working fluid of 2.2 kW semi-hermetic
condensing unit with evaporator for walk-in freezer/cooler. At the same capacity an increase in
terms of system efficiency equal to 6% is obtained. Direct expansion systems using a scroll
compressor centralized obtained lower energy consumption for R448A (from 3% to 8%) as shown
by Rajendran (2013). Abdelaziz and Fricke (2014), in a test facility that uses reciprocating
compressors and two separate temperature/humidity controlled rooms, found that refrigerant
R448A average energy efficiency was 11.6% higher than that obtained with R404A.
With this scenario, flow boiling heat transfer of R452A and R448A can be very useful for a proper
design of evaporators. However, to the authors’ knowledge, experimental data on boiling of R452A
in tubes are not available in scientific literature so far meanwhile just few experimental data for
R448A are found (Mendoza-Miranda et al., 2015), (Kedzierski and Kang, 2016). The aim of the
current paper is therefore to present new two-phase heat transfer coefficient data of mixtures
R452A and R448A in a horizontal stainless-steel tube having an internal diameter of 6.0 mm. Tests
have been carried out from the onset of boiling up to the dry-out condition, by analyzing the effect
of the operating parameters in terms of mass flux (from 150 to 600 kg m-2s-1), heat flux (from 10 to
40 kW m-2) and saturation temperature (from 25 to 55 °C).

2. EXPERIMENTAL FACILITY AND TEST SECTION
A schematic lay-out of the test facility for the flow boiling heat transfer experiments is shown in Fig.
1, in which the black lines represent the refrigerant loop while the blue ones the water-cooling loop.
A photograph of the test rig is shown instead in Fig. 2.

Figure 1: Schematic description of the experimental facility

The refrigerant in sub-cooled condition flows through a magnetic gear pump, which is able to
provide volumetric flow rates within a range of 1.3-2.5 dm3 min-1 by changing its rotating speed. A
Coriolis flow meter measures the liquid mass flow rate before the preheater section, which is made
up of a copper tube where the heat is provided by four fiberglass heating tapes (each one with a
nominal heat power of 900 W at 25 °C and 240 V). A solid-state relay is used to modulate the
applied heat at the preheater section in order to obtain a specific local vapor quality at the test
section inlet
A 40 cm adiabatic horizontal stainless-steel tube before the test section is given to ensure the
condition of fully developed flow before the test section inlet. The working fluid in saturated
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conditions is condensed and sub-cooled in the following plate heat exchanger and tube-in-tube
heat exchanger before the pump suction head that closes the loop. Two different throttling valves
are positioned on the liquid and vapor lines, respectively, and a bypass circuit is provided at the
pump outlet in order to have multiple mass flow rate control options. Demineralized water is used
as cooling fluid, whose temperature is controlled by a thermostatic bath. Two dedicated bypass
circuits are able to independently exclude from the water flow both the tube-in-tube and the plate
heat exchangers.
2.1.

Test section

All the flow boiling experiments have been conducted in a smooth, horizontal, circular stainless
steel (AISI SS316) tube having an internal diameter of 6.00±0.05 mm and an external diameter of
8.00±0.05 mm. The heat flux is obtained through Joule effect provided by a DC power supply unit
(within the range 0-8 V and 0-300 A) connected to the test section with two shorts copper wires
clamped on copper electrodes welded on the tube surface at a distance of 193.7±0.79 mm
representing the total measured heated length. At a distance of 237.5±0.91 mm, two pressure taps
are provided for the measurement of the inlet absolute pressure and of the pressure drop across
the test section. The local heat transfer coefficient is measured at a distance of 146.7 ±0.64 mm
from the inlet section. In this point, four T-type thermocouples are glued on the tube external
surface with a high-conductivity epoxy resin, whereas a Kapton thin adhesive layer guarantees the
electrical insulation from the heated channel. The DC voltage for the evaluation of the imposed
heat flux is measured between two points at a distance of 101.6 ±0.41 mm in order to avoid locally
concentrated tension drops in the electrodes proximity. Different layers of synthetic foam (with a
thermal conductivity of λ= 0.040 W m-1K-1) are used for the insulation of the test section and of the
entire test facility, with the exception of the preheater section, which has been firstly covered with
two layers of mineral wool (λ = 0.070 W m-1K-1) due to the higher temperatures reached during the
experimental procedure. More details can be found in some authors’ previous works (Lillo et al.,
2018a, 2019a-b, Mastrullo et al., 2018).

Figure 2. Photograph of the test rig

2.2.

Measurement instrumentation

In order to measure the working and cooling fluid temperatures, several RTDs are placed along the
main and secondary loops, carrying an overall uncertainty of ±0.180 °C. Instead, four T-type
thermocouples, calibrated in-situ with two resistance thermometers and a thermostatic bath,
ensure the wall temperature measurements for the evaluation of the heat transfer coefficients. For
these sensors, an overall uncertainty of ±0.1 °C is estimated. Also, the residual errors of the
calibration curve are considered. An absolute pressure transducer having a measuring range of 035 bar and an overall uncertainty of ±0.5% of the read value is used to measure the absolute
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pressure at the test section inlet. The pressure drop is instead estimated with a differential
pressure transducer, calibrated in-situ with a water liquid column and a yardstick. The instrumental
uncertainty is estimated to be ±0.06 kPa. A Coriolis flow meter, calibrated up to 2% of the full
scale, gives the value of the mass flow rate, with a maximum uncertainty of ±1% of the
measurement. A digital wattmeter provides the heat applied to the preheater section, by separately
measuring the voltage (100 mV-500 V) and current (1 mA-16 A). Its uncertainty is ±1.0% of the
reading, as provided by the manufacturer.
The heat flux applied to the test section requires the measurement of the DC voltage (electrical
voltage transducer within 0-5 V and an uncertainty of ±0.03% of the reading) and the DC current
(directly measured by the DC power unit within 0-300 A and an uncertainty of ±1.0%).
2.3.

Experimental procedure

The operating parameters in terms of mass flux, saturation temperature and heat flux are fixed at
the beginning of each experiment, which starts from the onset of boiling and proceeds with
increasing vapor quality up to the occurrence of dry-out regulating the AC voltage applied to the
fiberglass heating tapes of the preheater section. Once the dry-out heat transfer is established and
wide wall temperature fluctuations occur, the high-quality experimental data are not guaranteed
and the test is stopped. The saturation temperature of the system is controlled by a thermostatic
bath. In this case, being the investigated refrigerants mixtures having a not negligible temperature
glide, the test is carried-out keeping constant the saturation pressure. The corresponding bubble
temperature is used as reference in the experimental results. The inverter frequency of the
electrical motor coupled with the magnetic gear pump changes the mass flow rate. Further mass
flow rate regulations can be obtained by using the bypass circuit and/or the throttling valves on the
liquid and vapor lines. Finally, the heat flux is imposed by setting the desired voltage of the DC
power supply unit. All the data are obtained in steady state conditions (with the exception of the
dry-out points in which the phenomenon itself is time-dependent), with a recording frequency of 1.0
Hz. The nominal values of each sample are the arithmetic average of the measured quantities over
a recording time of 90 s. The system is considered at steady state conditions when the calculated
deviation of the mass velocity and saturation pressure are below ±2% within the acquisition time.

3. EXPERIMENTAL METHOD
3.1.

Data reduction

The local heat transfer coefficient and the imposed heat flux are evaluated by using Eq. (1) and Eq.
(2), respectively.
h=

q=

q

Eq. (1)

Twall − Tsat

VBD  I

Eq. (2)

 d BD

The subscripts wall and sat refer to the inner wall temperature and the saturation temperature,
respectively. VBD is the voltage applied in the section BD, I is the DC current flowing in the test tube
and d is the channel internal diameter. The fluid saturation temperature at the measurement point
is obtained by considering a linear pressure drop profile from the tube inlet. The wall temperature is
instead evaluated from the measured wall outer temperature Tth by considering 1-D heat transfer
and uniform generation in the metal tube having λtube (16.26 W m-1K-1) as thermal conductivity and
D as external diameter by using the following Eq. (3).
Twall = Tth +

( )

( )

( )

2
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The local enthalpy, needed to evaluate the local vapour quality at the measurement point is
computable by an energy balance applied to the test section, as reported in Eq. (4), where G is the
refrigerant mass flux.
i = iin +

4  AC  q

Eq. (4)

Gd

The value of the test section inlet enthalpy iin is obtained from an energy balance applied to the
preheater section, in which iin,preh is the preheater inlet enthalpy of the sub-cooled liquid, Qpreh is the
preheater load and m is the measured refrigerant mass flow rate, as showed in Eq. (5).
iin = iin , preh +

Q preh

Eq. (5)

m

All refrigerant thermodynamic properties are evaluated with the software REFPROP (Lemmon et
al., 2009) 9.0, whereas the whole data reduction is carried out with MATLAB software.
3.2.

Uncertainty analysis and validation

The standard deviation evaluated in the recording time for all the measured parameters compose
the instrumental B-type uncertainties. The uncertainty analysis of the derived results is then carried
out by using the law of propagation of errors as reported in Moffat (1982) and Moffat (1985). To
estimate the maximum uncertainties the dry-out occurrence is considered due to taking into
account the higher fluctuations of the measured parameters. Lower uncertainty results during
stable boiling. The maximum and the average recorded uncertainty for the main operating
parameters and results are summarized in Table 1. In order to ensure the preheater and test
section insulation as well as the correct behavior of the whole experimental apparatus, liquid
single-phase experiments by using refrigerant R134a has been carried-out. Through two energy
balances on the heated sections, the electrical power (from 220 to 1460 W in the preheater section
and from 10 to 150 W in the test section) is compared to the heat absorbed by the sub-cooled
refrigerant. In all tests, the wall and ambient temperatures reached similar values than those
obtained during the flow boiling experiments. The liquid single-phase heat transfer coefficients for
refrigerant R134a are also evaluated and compared to the well-known Dittus-Boelter prediction
method (Dittus and Boelter, 1930). Further detailed information on the validation procedure and
results can be obtained from previous works of the same authors with the same test facility (Lillo et
al., 2018b, Mastrullo et al., 2017).
Parameter

Table 1. Results of the uncertainty analysis

Average uncertainty

Saturation temperature Tsat
Mass flux G
Heat flux q
Mean heat transfer coefficient hmean

±0.05°C
±1.1%
±0.71%
±4.7%

Maximum
uncertainty
±0.17°C
±2.1%
±0.76%
±20.8%

4. RESULTS
4.1.

Effect of operating parameters

In this experimental campaign, R448A and R452A are employed as working fluids. Mass fluxes
between 150 and 600 kg m-2s-1, heat fluxes from 10 to 40 kW m-2 and saturation temperatures
between 25 to 55 °C have been investigated and the effect of their variation on the local heat
transfer coefficients is discussed in the following diagrams. The heat transfer coefficients points
presented in this section are intended to be averaged over the four measurement points (top,
bottom, left and right sides of the tube). The parameters and their uncertainties for all the titles and
legends in the following diagrams are averaged over all the corresponding represented data. Fig. 3
shows the effect of the mass flux on the heat transfer coefficient. Fig. 3a refers to refrigerant

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1584

R448A and Fig. 3b refers to R452A with an imposed heat flux of 10 kW m-2 and a saturation
temperature of 25 °C. Regarding the R448A, the trends of the heat transfer coefficient seems to be
convective for all the investigated mass fluxes with higher gradient at 601 kgm-2s-1 due to the high
flow velocity. There is not difference at low values of the local vapor quality. The heat transfer
coefficient reaches the maximum values for the same vapor quality (about 0.5), not dependent on
the mass flux. However, increasing the mass flux from 152 to 601 kgm -2s-1 the heat transfer
coefficient reaches a value of 10.11 kW m-2K-1 with a percentage increase equal to 95.9%. After
the local vapor quality corresponding to the maximum value, the heat transfer coefficient
decreases slightly due to a possible intermittent dry-out. When considering R452A (Figure 3b), the
heat transfer coefficient has a convective trend with a lower slope with respect to R448A due to the
higher value of the reduced pressure in case of R452A, resulting in a higher values of the ratio
between the vapor density and the liquid density (0.054 for R452A and 0.042 for R448A at a
saturation temperature of 25 °C). Differently from R448A, the dry-out occurs at high values of
vapor quality (approximately 0.9) with an abrupt decrease of the heat transfer coefficient. This
latter consideration is not valid for the experiment with mass flux of 149 kg m -2s-1 in which the heat
transfer coefficient assumes low values, decreasing with the vapor quality due to a possible
stratified flow. The effect of the imposed heat flux on the average heat transfer coefficients of
R448A and R452A is shown in Fig. 4a-b, respectively. For each investigated mixture, the
nucleative contribution assumes a greater weight with respect to the convective contribution
passing from heat flux of 10 kW m-2 to 40 kW m-2, with more evident difference at low values of the
vapor quality: in case of R448A and at vapor quality of 0.2, the heat transfer coefficient increases
from 4.9 kW m-2K-1 up to 9.4 kW m-2K-1. The convective contribution assumes relevant weight with
the ongoing evaporation up to a vapor quality approximately equal to 0.8 when the heat transfer
coefficient assumes the same values between 10 kW m-2 and 40 kW m-2, when the dry-out occurs.
The same consideration seems to be valid for both of fluids and for different values of saturation
temperature and mass flux, as indicated in Fig. 4a-b.

a)

b)

Figure 3: Effect of the mass flux on the mean heat transfer coefficient at different conditions. (a)
R448A; (b) R452A

a)

b)

Figure 4: Effect of the heat flux on the mean heat transfer coefficient at different conditions. (a)
R448A; (b) R452A
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4.2.

Comparison between R448A and R452A

The comparison between heat transfer coefficient experimental data of R448A and R452A are
shown in Fig. 5a-b at different mass flux and saturation temperature for an imposed heat flux equal
to 10 kW m-2. Fig. 5a shows the comparison between the investigated fluids at mass flux and
saturation temperature respectively equal to 150 kg m-2s-1 and 23.7°C. When considering R452A,
the heat transfer coefficient decreases with the vapor quality whereas R448A is characterized by
an increasing up to a vapor quality of 0.5 where the dry-out occurs. This significant difference in
the heat transfer coefficient trend can be explained with a possible stratified flow for R448A due to
lower value of the surface tension at the same saturation temperature (at 25°C, R448A and R452A
have a surface tension of 0.0063 N m-1 and 0.0049 N m-1 respectively). In Fig. 5b, when high mass
flux and high saturation temperature are considered, the convective contribution seems to be
relevant for both of fluids, with higher slope of the R448A experimental data due to the lower
reduced pressure with respect to the R452A one. Furthermore, at the saturation temperature of
43.5°C, the vapor density is 104.6 kg m-3 and 79.1 kg m-3 for R452A and R448A, respectively,
resulting in high speed flow when considering R448A.

a)

b)

Figure 5: Effect of the fluid on the mean heat transfer coefficient at the conditions on the top of the
figure.

5. CONCLUSION
New experimental data on local two-phase heat transfer coefficients for blends R448A and R452A
at different operating conditions are obtained for a horizontal stainless-steel tube of 6.0 mm internal
diameter. The effects of the heat flux (from 10 to 40 kW m-2), mass flux (from 150 to 600 kg m-2s-1)
and liquid saturation temperature (from 25 to 55 °C) on the heat transfer coefficient are
investigated. The main conclusions may be summarized as follows:
•

For both fluids, the mass flux increases the heat transfer coefficient at medium-high vapor
qualities. Dry-out vapor quality does not seem to be affected by increasing mass flux and it
assumes higher values for R452A.

•

For both fluids, the heat flux increases the heat transfer coefficient at low-medium vapor
qualities, and a slight reduction of the dry-out vapor quality is seen with increasing heat flux.

•

Especially for higher vapor qualities, higher heat transfer coefficient values are observed for
the refrigerant R448A, both for low and high mass fluxes.
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ABSTRACT
In this study, we investigate the visualization of flow pattern of R1234ze(E) at the outlet of three
types of horizontal microfin tubes, each with an outer diameter of 4 mm. The flow patterns observed
during condensation were classified into three types, namely, annular, wavy, and slug flows. The
annular flow was not observed at a mass velocity of 50 kgm-2s-1 in any of the test tubes. The
difference of the transition line for annular-wavy flows was small for all the tubes, and the effect of
fin geometry on flow pattern transition was small. Moreover, we propose a new correlation for the
condensation heat transfer coefficient considering the effects of fin geometries and flow pattern on
the condensation heat transfer. The proposed correlation agreed well with the measured heat
transfer coefficient of R1234ze(E) within ±30%.
Keywords: Condensation Flow, Visualization, R1234ze(E), Heat Transfer Correlation.

1. INTRODUCTION
In the field of refrigeration and air-conditioning, microfin tubes with an outer diameter of 5 mm or less
have been developed to increase energy savings by improving the performance of the heat
exchanger and reduce the charge amount of the refrigerant by downsizing the heat exchanger.
Microfin tubes with 4 mm outer diameter have been utilized in only some practical applications.
There are many existing studies on flow pattern visualization in horizontal smooth tubes. However,
there are few studies on flow pattern visualization in microfin tubes. Nozu et al. (1996) investigated
the condensation flow pattern of R11 inside microfin tubes of 8.4 and 8.8 mm maximum diameters
at a saturation temperature of 40 °C and a mass velocity range of 95–460 kgm-2s-1. Cavallini et al.
(2009) investigated the condensation flow pattern of R236ea, R134a, and R410A in a 7.7 mm fin-tip
diameter microfin tube at a saturation temperature 40 °C and a mass velocity range of 100–800 kgm2 -1
s . Cavallini et al. proposed the flow pattern map, which was classified as two types, namely, ΔTindependent regime associated to annular flow and ΔT-dependent flow associated to stratified-wavy
flow. As a study targeting microfin tubes of smaller diameters, Jige et al. (2018) observed the
adiabatic two-phase flow of R32 in a 3.6 mm maximum diameter microfin tube at a saturation
temperature of 15 °C and a mass velocity range of 50–400 kgm-2s-1, and proposed a modified flow
pattern map of Cavallini et al. (2009). However, studies on flow pattern visualization during
condensation in small-diameter microfin tubes with an outer diameter of 4 mm or less are limited.
Therefore, in this study, we visualize the condensation flow pattern of R1234ze(E) inside three types
of horizontal small-diameter microfin tubes of 3.6 mm maximum diameter and 4.0 mm outer diameter
with different fin geometries. Furthermore, we propose a new heat transfer correlation considering
the effects of fin geometries and flow pattern on the condensation heat transfer.
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2. EXPERIMENTAL APPARATUS AND EXPERIMENT METHOD
Fig. 1 shows the schematic view of the experimental apparatus, which is a vapor compression heat
pump system. The refrigerant loop comprises the following components: compressor, oil separator,
pre-condenser, heat transfer test section, visualization section, rear condenser, receiver, mass flow
meter, expansion valve, and evaporator. The refrigerant flow rate is measured using the Coriolis
mass flow meter. The pre-condenser, test section, rear condenser, and evaporator consist of doubletube type heat exchangers. The bulk temperatures of the cooling water are measured by Ptresistance thermometers inserted at the inlets and outlets of the pre-condenser and evaporator. The
heat transfer test section was discussed in detail in a previous study (Inoue et al. 2018).
Fig. 2 shows the schematic view of the visualization section, which consists of a glass tube and
microfin tube. To observe the flow pattern at the outlet of microfin tube, the test tube is cut at an
angle of 45º. The flow pattern was observed from the horizontal direction using a digital camera and
halogen light.
Table 1 summarizes the specifications of the three test microfin tubes, namely, LF50L, LF50S, and
HF40, used in the experiment. These test microfin tubes are copper tubes each with outer diameter
of 4.0 mm. Figure 3 shows the schematic view of a test microfin tube, which has a maximum diameter
of 3.6 mm.
R1234ze(E) was used as the test refrigerant and its flow pattern was visualized at a mass velocity
range of 50–400 kgm-2s-1 and saturation temperature of 35 °C.

3. DATA REDUCTION
In the visualization section, the vapor quality at the microfin tube outlet xout is obtained by
xout =

hout − hL
hV − hL

Eq. (1)

where hV and hL are the enthalpies of vapor and liquid in the saturation state and hout is the enthalpy
of the visualization point at the outlet of microfin test tube. hV and hL are determined using the
measured refrigerant pressure. The enthalpy of the visualization point hout is defined as follows:
hout = hpre −

Qpre + QTS

Eq. (2)

mr

where, hpre is the enthalpy of superheated vapor refrigerant at the inlet of the pre-condenser and Qpre
and QTS are the heat transfer rates in the pre-condenser and test section, respectively. mr is the flow
rate of the refrigerant. hpre is the enthalpy of the pre-condenser inlet determined using the refrigerant
pressure and temperature at the pre-condenser inlet. The refrigerant properties were evaluated by
REFPROP (Lemon et al., 2018). The heat transfer rates in the pre-condenser and test section, Qpre
and QTS, respectively, are determined using the flow rate of cooling water, isobaric specific heat of
cooling water, temperature of cooling water at the inlets and outlets of pre-condenser and test section.

QTS = mWTScP W (TWTSout − TWTSin )
Volumetric
flow meter

F
TWout

TWin
Rear condenser

Receiver

Test section

F

Volumetric
flow meter

TWin

TWout

Pre-condenser
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Test tube
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Test tube
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F
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Oil separator
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Eq. (3)
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Figure 1: Schematic view of the experimental
apparatus
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Figure 2：Schematic view of the
visualization section
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Table 1: Specifications of the microfin tubes

LF50S
4.00
3.46
0.22
0.13
25
50
1.90

LF50L
4.00
3.44
0.22
0.15
12
50
1.94

do

Tube name
HF40
Outer diameter do [mm]
4.03
Equivalent ID deq [mm]
3.48
Wall thickness δ [mm]
0.21
Fin height
h [mm]
0.18
Helix angle
θ [deg.]
17
Number of fins
n [-]
40
Area enlargement ratio η [-] 2.13

Figure 3: Schematic view of the
microfin tube

QPr e = mWPrecP W (TWPreout − TWPrein )

Eq. (4)

The reliability of the experimental apparatus confirmed that the heat balance agrees within 10%
between the refrigerant and cooling water sides. The accuracy of the calculation of quality is within
±0.05.

4. RESULTS AND DISCUSSION
4.1.

Visualization of Flow Pattern with R1234ze(E)

Fig. 4 shows the visualization results of flow pattern at the outlet of the microfin tube (HF40). The
flow pattern was classified into annular, wavy and slug flows. Figs. 4(a), (b) and (c) illustrate the
observed flow patterns of the annular flow. The annular flow was observed at low wetness and high
mass velocity conditions. In the annular flow, the liquid thickness became uniform around the
circumferential direction and a vapor phase flowed in the center of the tube. The vapor and liquid
phases flow continuously, whereas there is turbulence at the gas-liquid interface. The annular liquid
film swirled along the direction of the grooves. As condensation progressed, the wetness increased,
and the flow pattern transited from annular flow to wavy flow at mass velocities of 100 kgm-2s-1 or
higher. The wavy flow, wherein the vapor and liquid flow separately due to gravity, was observed at
middle to high wetness regions, as shown in Figure 4(d). As the liquid flow rate increased, the
wetness increased, and the liquid film at the bottom of the tube became thicker. The condensate
liquid film was observed at the top of the tube. Figure 4(e) shows the wavy-slug flow. This flow pattern
was observed the transition for wavy to slug flow. Slug flow was observed in the lower mass velocity
and high wetness regions and was characterized by an intermittent flow pattern, wherein a bubbleshaped vapor plug and liquid slug filled the channel flowing alternately, as shown in Figure 4 (f).
Figs. 5(a), (b), and (c) show the classified flow pattern map of HF40, LF50S, and LF50L, respectively,
for different mass velocities and wetness. The annular flow was not observed at a mass velocity of
50 kgm-2s-1 in any of the test tubes. The wavy flow cannot be observed at the highest mass velocity
region in HF40. However, the difference of fin geometry has a small effect on the flow pattern
transition line for annular-wavy flows.
4.2.

Comparison of Visualization Results and Previous Flow Pattern Map

Fig. 6 shows that the comparison between the visualization results and flow pattern map proposed
by Cavallini et al. (2009) and Jige et al. (2018). The vertical axis represents the dimensionless vapor
velocity JV and the horizontal axis represents the Lockhart-Martinelli parameter Χtt. The
dimensionless vapor velocity JV is defined as:
J V = xG

gd V ( L − V )

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Eq. (5)

1590

(a)G=400 kgm-2s-1 1-x = 0.60
Annular flow

(b)G=200 kgm-2s-1 1-x = 0.15
Annular flow

(c)G=100 kgm-2s-1 1-x = 0.14
Annular flow

(d)G=200 kgm-2s-1 1-x = 0.73
Wavy flow

(e)G=100 kgm-2s-1 1-x = 0.70
Wavy-slug flow

(f)G=50 kgm-2s-1 1-x = 0.73
Slug flow

Figure 4：Typical flow pattern of R1234ze(E) at the outlet of HF40
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Figure 5： Flow pattern map of R1234ze(E) for microfin tubes

The Lockhart-Martinelli parameter Χtt is defined as:

 tt = (1 − x ) x

0.9

0.5
0.1
(  V  L ) ( L V )

Eq. (6)

The Cavallini et al. (2009) transition line for annular to wavy-slug is defined as:





J V* = 0.6  7.5 ( 4.3 tt1.111 + 1)


−3

+ 2.6−3 


−1 3

Eq. (7)

The Jige et al. (2018) transition line for annular to wavy-slug is defined as:





J V* = 0.6  30 ( 4.3 tt1.111 + 1)


−3

+ 2.6−3 


−1 3

Eq. (8)

Although, the flow pattern map of Jige et al. was proposed based on the observation results of R32
in a 4 mm outer diameter microfin tube at a saturation temperature of 15 ºC under adiabatic condition,
the transition line from annular flow to wavy-slug flow for each test tube can be estimated.
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Figure 6： Comparison results of Cavallini et al. and Jige et al. flow pattern map
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Figure 7： Relation between Froude number FrSO and Lockhart-Martinelli parameter Χtt

4.3.

New Heat Transfer Correlation based on Flow Observation Results

Hirose et al. (2018) proposed the heat transfer coefficient correlation, which consists of forced and
free convections for annular and wavy flows. The flow pattern was classified used Soliman’s modified
Froude number for smooth tubes. The Soliman’s modified Froude number FrSO is defined as:



Frso = 0.025ReL1.59 (1 + 1.09 tt0.039 )  tt



Frso = 1.26ReL1.04 (1 + 1.09 tt0.039 )  tt



1.5



1.5

Ga 0.5

Ga 0.5

For (ReL  1250 )
For ( ReL  1250 )

Eq. (9)
Eq. (10)

Figure 7 shows the relation between Soliman’s modified Froude number FrSO and Lockhart-Martinelli
parameter Χtt. The flow pattern was classified at FrSO = 20 (Hirose et al., 2018). The observed
transition lines of flow pattern in the test microfin tubes were different from that of the smooth tubes.
Therefore, we tried to improve the condensation heat transfer correlation proposed by Hirose et al.
(2018) to predict the heat transfer coefficient of R1234ze(E) reported by Inoue et al. (2018). Nusselt
number is determined using the measured heat transfer coefficients α.
Nu =

 d max
L

Eq. (11)

where, dmax is maximum diameter, λL is thermal conductivity. Figure 8 shows the classified heat
transfer coefficient for annular and wavy-slug flows using the transition line proposed by Jige et al.
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(2018). It can be confirmed that the heat transfer characteristics were different between annular and
wavy-slug flows. Nusselt number can be defined as:
Eq. (12)

Nu = NuF2 + NuB2

where NuF and NuB are forced and free convection Nusselt numbers. The forced convection Nusselt
number is defined as:
NuF = 0.5 f V ReLΦV (  L /  V )

0.5

x / (1 − x )( PrL / Ti* )

Eq. (13)

where fV and ΦV are the friction factor and two-phase pressure drop multiplier. The fV and ΦV are
determined by the following equation from Hirose et al. (2018).
−0.38

 0.95 ( cos  )

f V = 0.26 ReV

−2.8

Eq. (14)

ΦV = 1 + 1.55 Χ tt0.4

Eq. (15)

The dimensionless temperature difference (PrL/Ti*) is defined as:

( Pr

L

)

/ Ti* =

( Nu

2

− NuB2

)

0.5 f V ReLΦV ( L / V )

0.5

0.5

Eq. (16)

x / (1 − x )

The free convection Nusselt number NuB was obtained by Hirose et al. correlation (2018):
NuB = 1.60 −0.25 Bo-0.20 H ( )( GaPrL / PhL )



H ( ) =  + 10 (1 −  )

0.1



−8

0.25

Eq. (17)

 (1 −  )

Eq. (18)

The void fraction is calculated by the correlation of Smith (1969).


1− x 
 = 1 + (  V  L ) 
  0.4 + 0.6

 x  

(   ) + 0.4 (1 − x )
1 + 0.4 (1 − x ) x
L

V

x 


 

−1

Eq. (19)

4.3.1. The heat transfer correlation for wavy-slug flow
In the wavy-slug flow region (JV/JV*<1), figure 9 shows that the relation between (Pr/Ti*) and ReL.
The following correlation was obtained within ±30%.

( Pr

L

/ Ti * ) = 7.0ReL −0.47
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Therefore, the new correlation of forced convection Nusselt number NuF is defined by the following
equation.

NuF = 4.96 f V ΦV ( L / V )

0.5

x / (1 − x ) Re

0.53

L

Eq. (21)

4.3.2. The heat transfer coefficient correlation for annular flow
In the annular flow region, figure 10 shows the relation between (Pr/Ti*) and ReL. The following
correlation was obtained within approximately ±30%.

( Pr

L

/ Ti * ) = 17.8ReL −0.54

Eq. (22)

Therefore, the new correlation of forced convection Nusselt number NuF is defined by the following
equation.

NuF = 12.6 f V ΦV ( L / V )

0.5

x / (1 − x ) Re

0.46

L

Eq. (23)

If JV/JV* < 1 (wavy-slug flow region), then the Nu number is obtained using Eq. (12), (17) and Eq.
(21). If JV/JV* ≧ 1 (annular flow region), then the Nu number is obtained using Eq. (12), (17) and Eq.
(23).
Figure 11 shows the comparison between the new correlations and measured data of R1234ze(E)
in HF40, LF50S, and LF50L microfin tubes. From the figure, it is observed that the new correlation
agrees well the measured data within about ±30%.

5. CONCLUSIONS
We investigated the condensation flow pattern of R1234ze(E) inside three horizontal 4.0 mm outer
diameter microfin tubes with different fin geometries. We classified the flow pattern into three types,
namely, annular, wavy, and slug. The previous correlations can estimate the transition line from
annular flow to wavy-slug flow observation results of each small-diameter microfin tube. Based on
the visualization results of R1234ze(E), we proposed a new heat transfer correlation, which agrees
well with the measured data within ±30%.

ACKNOWLEDGEMENTS
This study was supported by the Research & Development Section, Technical Department, Kobelco
& Material Copper Tube, Ltd. and the Japan Copper Development Association. We would like to
express our gratitude for the support provided.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1594

NOMENCLATURE
Bo
cP
d
fV
FrSO
G

2
Bond number = ( L − V ) gdmax
 (-)

x

vapor quality (-)

isobaric specific heat (Jkg K )
diameter (m)
Greek symbols
friction factor (-)
α heat transfer coefficient (Wm-2K-1)
Soliman’s modified Froude number (-)
Δh latent heat (Jkg-1)
mass velocity (kgm-2s-1)
η area enlargement ratio (-)
2
-2 G based on maximum diameter = 4mr  d max ( kgm s
Gmax 1
Ѳ helix angle of microfin (deg.)
)
g gravity acceleration (ms-2)
λ thermal conductivity (Wm-1K-1)
3
 L2 L2 (-)
Ga Galileo number = gd max
μ viscosity (Pa s)
-1
h enthalpy (Jkg )
ξ void fraction (-)
JV dimensionless vapor velocity (-)
ρ density (kgm-3)
-1
m mass flow rate (kgs )
σ surface tension (Nm-1)
two-phase pressure drop multiplier
Nu Nusselt number (-)
Φ
(-)
NuB free convection Nusselt number (-)
Χtt Lockhart-Martinelli parameter (-)
NuF forced convection Nusselt number (-)
P pressure (Pa)
Subscripts
Ph phase change number = cP (Tsat − Twall ) h (-)
eq equivalent
Pr Prandtl number (-)
max maximum
Q heat transfer rate (W)
sat saturation
ReL liquid phase Reynolds number= Gmax (1 − x ) dmax L (-)
W water
ReV vapor phase Reynolds number= Gmax xd max V (-)
L liquid
T temperature (℃)
r refrigerant
*
Ti dimensionless temperature difference (-)
V vapor
-1

-1
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ABSTRACT
The present study deals with the use of a nanolubricant based on synthetic lubricant polyol ester
(POE) and diamond nanoparticles in a refrigeration system. An experimental refrigeration bench was
developed in order to evaluate the refrigeration capacity, the power consumption by the compressor,
the coefficient of performance (COP), the discharge temperature of the compressor and, finally, the
performance of the nanolubricants at the mass fractions of 0.0%, 0.1% and 0.5% of diamond
nanoparticles. Tests were performed with R410A and R32 refrigerants in the evaporation
temperature range between -7 and 7 °C, varying the operating frequency of the compressor from 45
to 60 Hz and maintaining the condensation temperature constant at 41 °C. According to the results
of R410A, it was possible to conclude that, with the use of nanolubricant, there was an increase in
both the refrigeration capacity and the coefficient of performance. The compressor’s discharge
temperature decreased. In contrast, for R32, the use of nanolubricants under the evaluated
conditions did not show significant improvements in the refrigeration system in terms of refrigeration
capacity and discharge temperature.
Keywords: COP, Nanolubricant, Nanoparticle, COP, R32, R410A.

1. INTRODUCTION
Due to the high utilization of cooling systems, it is important to constantly improve them, always
aimed at better efficiency and lower energy consumption. In this sense, researchers have proposed
different alternatives to achieve this objective, of which the use of nanoparticles as lubricating
additives is presented as an alternative that aims improvements in the thermophysical and
tribological properties of conventional lubricants. The dispersion of nanoparticles within a base fluid
is referred to as nanofluid (Choi and Eastman, 1995) and more specifically, when the base fluid is a
lubricating oil, it is called nanolubricant (Rasheed et al., 2016).
Nanoparticles, when applied in refrigeration systems, can improve their performance by increasing
the heat transfer or reducing the energy consumption. Bi et al. (2008) found reductions of up to 26%
in the energy consumption of a domestic refrigerator operating with R134a and nanolubricants
composed of mineral oil (MO) and TiO2 nanoparticles. Using the same nanoparticle and oil, Hussen
(2014) found a COP increase of 12% and a reduction of up to 13% in the power consumption by the
compressor. Xing et al. (2014) found a maximum reduction in the power consumption of 4.5% and
an increase in the COP of 6% when adding fullerenes (C60) in a system operating with R600a.
Similarly, with the same refrigerant and system type, Lou et al. (2015), using graphite nanoparticles,
found increases in cooling speed and a reduction of up to 4.6% in energy consumption. Recently,
Sharif et al.(2017) found gains of up to 3.3% in refrigeration capacity and reductions in compressorspecific work in an automotive air conditioning system using SiO2 nanoparticles. Additionally, they
reported that at high concentrations the specific work of the compressor tends to be increased, which
was also reported by Ohunakin et al. (2018). On the other hand, Fedele et al. (2014) and Wang et
al. (2017) did not find significant gains in terms of the cooling capacity and the energy consumption
of the system, when using nanoparticles of different compositions.
Finally, this work presents an experimental evaluation of the use of nanolubricants, diamond
nanoparticles and POE oil in a refrigeration system.
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2. METHODOLOGY
The nanolubricants used in this present work were produced by the two-step method. The first step
is to obtain the nanoparticles separately and the second one corresponds to the dispersion of
nanoparticles in the base fluid at the desired concentration. For this, the diamond nanoparticles were
obtained from the company Nanostructured & Amorphous Material, Inc., in powder, without any
superficial treatment, with spherical morphology, diameter between 3 - 6 nm and purity above 97%.
In order to improve the stability of the nanolubricants, the diamond nanoparticles were capped with
oleic acid according to the following procedure: firstly, the nanoparticles were dispersed in oleic acid
using an ultrasonic vibrator for approximately 30 min, then, the dispersion was separated using a
centrifugal separator for 10 min at 8000 RPM. Further, the capped diamond nanoparticles were
weighted with a semi-analytical balance at the desired mass concentrations. Finally, the
nanoparticles were immersed in the POE oil by ultrasonic vibration until a good dispersion was
achieved. The samples were dispersed until homogeneous dispersion was achieved for
approximately one hour. It was observed that 15 days after this procedure, nanolubricants showed
visible sedimentation of the nanoparticles, especially at high concentrations. To evaluate the effect
of the concentration, three samples were produced with mass concentrations of 0.1%, 0.5% and
1.0%.
An experimental bench was developed for the analysis of the refrigeration system operating with
nanolubricants. Fig. 1 shows the schematic diagram of the experimental facility used in the present
work.
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Figure 1: Schematic diagram of the experimental facility

The experimental bench is composed by three circuits: the refrigerant circuit (basic refrigeration
cycle), the cold water loop and the condensation water circuit. The refrigerant circuit consists of:
compressor, brazed plate heat exchangers (evaporator and condenser), electronic expansion valve,
drying filter, liquid sight glass and Coriolis flow meter. The cold water loop is in charge of simulating
the thermal load required for the operation of the refrigeration system. This circuit consists of a
circulation pump, a turbine flow meter, a cold water reservoir and electrical heaters, which controls
the temperature of the water at the evaporator inlet. The condensing water circuit is responsible for
rejecting the heat of the cooling system and consists of circulation pumps, a condenser and a cooling
tower.
The experimental bench temperatures were measured using PT-100 type temperature sensors.
System pressures were measured using piezoresistive pressure transducers. The mass flow rate of
the refrigeration system was measured using a Coriolis type mass flowmeter. The power
consumption by the compressor was measured using a power analyser. The measuring points of
the instruments used are shown in Fig. 1.
The tests were carried out in steady-state condition for the nanoparticles’ concentrations of 0.0%,
0.1 and 0.5%, the evaporation temperature from -7 to 7 °C, rotation speed of the compressor of 45
up to 60 Hz. The experimental data for R410A can be found at Marcucci Pico et al. (2018).
Table 1 summarizes the experimental uncertainties of the measured variables calculated according
to Abernethy and Thompson (1973). The uncertainties of the calculated variables from the measured
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data are listed in Table 2 and were estimated using an EES routine that is in accordance with the
Taylor and Kuyatt (1994) methodology.

Table 1. Experimental uncertainties
Measured variable

Sensor

Range

Uncertainty

Refrigerant temperature

PT-100

-20 – 100 °C

±0.3 °C

Compressor temperatures

Type t thermocouple

15 – 150 °C

±0.5 °C

Evaporation pressure

Piezoresistive transmitter

0 – 10 bar

±0.25%

Condensation pressure

Piezoresistive transmitter

0 – 25 bar

±0.25%

Refrigerant mass flow

Coriolis mass flow meter

0.2 – 150 g/s

±0.15%

Compressor input power

Power analyser

0 – 20 A
0 – 250 V

±1.0%

Table 2. Propagated uncertainties of the calculated variables
Calculated variable

Uncertainty

Evaporation temperature

±0.2 °C

Condensation temperatures

±0.2 °C

Cooling capacity

±1.0%

Coefficient of performance

±3.3%

Isentropic efficiency

±3.5%

3. RESULTS
Fig. 2 shows the results obtained for the cooling capacity of the system operating with R410A and
R32 and nanolubricants at different concentrations. Based on Fig. 2a and Fig. 2b, the cooling
capacity of the system operating with nanolubricants presented a tendency to increase in relation to
the system operating with pure POE. In addition, when comparing both figures, it is noted that the
increases in cooling capacity of the system, when compared to the system operating with pure
lubricant under the same conditions, tended to be higher with increasing diamond concentration.
The maximum increase in this property found for R410A at a concentration of 0.1% was 4.2%,
evaporating at -7 °C and with a rotation of 45 Hz, whereas, at the concentration of 0.5%, the
maximum increase was found to be ~ 7% under the same test conditions, -7 °C and 45 Hz. For R32,
at the concentration of 0.1%, a maximum increase of 4% in cooling capacity was found with the
system evaporating at - 7 °C and with the rotation frequency of 45 Hz. The mass concentration of
0.5% reached a maximum increase of 2% under the conditions of 1 °C and 45 Hz. Although some
gains in this parameter of the system with R32 were found for some conditions, mainly at low
frequency and evaporation temperature, these were found in few operating conditions.
In relation to the power consumption by the compressor, it was possible to identify that there was no
significant variation in this property, reaching maximum variations of 0.4% and 3.0% for R410A and
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R32, respectively. Similar results in which the compressor consumption was not sensitive by the
addition of nanoparticles were found by Fedele et al. (2014) and Wang et al. (2017).
18

18
Edge Color Frequency
45
50
55
60
Shape Mass concentration
POE
0.1
0.5

Cooling capacity (kW)

16
15
14
13

16

12
11
10
9
8
7

15
14
13
12
11
10
9
8
7

6
5

Edge Color Frequency
45
50
55
60
Shape Mass concentration
POE
0.1
0.5

17

Cooling capacity (kW)

17

6

(a) R410A
-9

-7

-5

-3

-1

1

3

5

Evaporation temperature (°C)

7

9

5

(b) R32
-9

-7

-5

-3

-1

1

3

5

7

9

Evaporation temperature (°C)

Figure 2: Cooling capacity of the system operating with (a) R410A and (b) R32

Once the cooling capacity and the power consumption of the compressor were measured, for the
system operating with the nanolubricants, it was possible to calculate the COP, which is presented
by Fig. 3 (a) e Fig. 3b, for the R410A and the R32, respectively. For the system operating with R410A
and nanolubricants, it is possible to conclude that the addition of nanoparticles increased the
performance of the system, with maximum increments in the range of 4% and 8% for lubricants
containing 0.1% and 0.5% respectively. In this sense, it is possible to conclude that there is a
tendency of performance gain with the accretion in the concentration of nanoparticles. For the R32
refrigerant when operating with diamond nanolubricant, maximum increments of 2.0% and 5.0%
were found for concentrations of 0.1% and 0.5%, respectively. In addition, in Fig. 3 (a) and (b) it can
be seen that the system COP is reduced by decreasing the evaporation temperature and the rotation
frequency of the compressor. This can be explained from the fact that when the compressor
frequency is reduced, the leaks between the compression volutes are increased as a consequence
of the increased compression time of each fluid volume (Cui and Sauls, 2008).
Figs. 4a and 4b show the compressor discharge temperature results for the system operating with
fluids (a) R410A and (b) R32, respectively. In the figures, it is observed that the discharge
temperature is decreased with the use of nanolubricants. For R410A, a maximum reduction of 3 and
4°C in the compressor discharge temperature was found with the mass concentrations of 0.1% and
0.5% of diamond, respectively. Discharge temperature tends to decrease with increasing
concentration of diamond nanoparticles. As for R32, as can be seen in Fig. 4b, the discharge
temperature can be reduced by up to 1 and 2°C with the use of diamond nanolubricants in the
compressor at concentrations of 0.1% and 0.5%, respectively.
For both fluids, it is possible to observe in Figs. 4a and 4b that the reduction was more pronounced
at low frequency, since at the frequencies of 60 and 55 Hz the discharge temperature remained
approximately constant.
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4. CONCLUSIONS
In this work, the effect of using Diamond/POE nanolubricants in a refrigeration system was
evaluated, taking into account the R410A and R32 refrigerants. Maximum gains of 7% and 4% were
found in the cooling capacity of the system operating with R410A and R32, respectively. It was found
that the use of nanodiamond/POE lubricant does not significantly influence the power consumption
of the compressor. Therefore, the enhancements obtained for the COP were attributed, mainly, to
the increase in the refrigeration capacity.
On the other hand, it has been found that the discharge temperature of the compressor, when
operating with R410A, can be reduced. However, when operating with R32, the reductions in this
property were less relevant.
When comparing the increases caused by the addition of nanoparticles between the two evaluated
refrigerants, R410A and R32, it can be stated that they were higher for R410A. This is because R32
operates at very high temperatures relative to R410A, which worsens the stability of nanolubricants.
In this perspective, the use of diamond nanoparticles dispersed in the synthetic lubricant POE does
not encourage the drop-in process of R410A by the R32.
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ABSTRACT
In order to reduce refrigerant charge, tube size of heat exchanger is reduced, the number of heat exchanger
paths of refrigerants have increased. Therefore, the design technologies of vertical headers are recently getting
strongly attention. Many researchers are now devoting their energies to develop vertical header for equal
refrigerant distribution to improve evaporation performance of heat exchanger. Some header has been
suggested for equal distribution. However, air flow rate is non-uniform in some multi type air conditioner system
of out-door unit. In this study, a vertical header distributor of the new structure with the branch pipe inserted in
the main pipe is installed in heat exchanger and applied to the out-door unit of the top flow type multi air
conditioner for building. The evaporation performance of heat exchanger can be improved by about 10% is
confirmed by experiment.
Keywords: Heat Exchanger, Distribution, Vertical Header, Evaporator, Refrigerant, Heat Pump.

1. INTRODUCTION
The regulation of fluorocarbon refrigerant is promoted due to global warming problem partly due to effect of air
conditioning. Reduction of refrigerant charge for air conditioning system is seen as potential to partly.
Especially, tubes of heat exchanger are becoming smaller to reduce refrigerant amount in heat exchanger. In
order to suppress pressure drop, the number of tube of heat exchanger increase. Therefore, the design
technologies of vertical headers are recently getting strongly attention. Many researchers are now devoting
their energies to develop vertical header for equal refrigerant distribution to improve evaporation performance
of heat exchanger (Lee 2006, Zou and Hrnjak, 2014, Ekawa at al. 2018). Generally, an out-door unit of the
building multi type air conditioner adopts a structure in which a blower is provided in the upper part of the
housing. In this case, the flow of air passing through the heat exchanger is not uniform, and the air volume is
increased at the upper part of the heat exchanger close to the blower as shown Fig. 1.

Blower
Top

Height

Heat
Exchanger

Flow rate
Bottom
Airflow profile

Fig. 1 Out-door unit of the building multi type air conditioner
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In this case, ideal refrigerant distribution is a distribution of refrigerant similar to the airflow distribution rather
than the uniform distribution, and it was difficult to design the refrigerant distribution of the vertical header. In
this study, we have carried out experimental study on a new structure of a vertical header which realize
refrigerant distribution, matching a top flow type out-door unit in which the airflow profile of heat exchanger.

2. EXPERIMENTAL METHOD
2.1.

New Header Structure and Distribution Mechanism

In the vertical header, the refrigerant flow vertically upward in the main pipe and is distributed by the branch
pipe. It is confirmed by visualization that the gas-liquid two-phase refrigerant flow in the main pipe is a flow in
which the gas phase is distributed more in the vicinity of the center of main pipe according to previous study
by the authors (Onaka et al., 2017). As a result, there was a tendency for the liquid refrigerant to flow relatively
more in the lower part of the header in conventional header.
Fig.2 shows a new schematic diagram of vertical header. A conventional general vertical header has a
structure in which a branch pipe is inserted to a position along the main pipe wall, but in the new structure, it
is inserted to the center of main pipe.
Fig.3 compares the schematic diagram of the conventional structure with the refrigerant flow of the new
structure. In the new vertical header, it is possible to selectively distribute the gas refrigerant distributed in the
central part of the main pipe as shown by Fig.3. As a result, the refrigerant flowing through the main pipe
becomes thicker in the upper part of the header, and more liquid refrigerant is distributed by inserted branch
pipes. It has been possible to change the characteristics of the liquid refrigerant distribution, which was
conventionally changed depending on the mass velocity, which was difficult to control.
(Top)

A

A’

Branch
Pipe
Branch Pipe

Main
MainPipe
Pipe

(Bottom)
Refrigerant Flow

A-A’ Cross section

Fig. 2 Schematic of a new structure of vertical header

Liquid

Vapor

Conventional

New

Fig.3 Schematic diagram of the conventional structure and new structure with the refrigerant flow
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2.2.

Experimental Apparatus

Fig. 4 shows the schematic diagram of experimental apparatus. The experimental apparatus is a header
distribution apparatus composed of a refrigeration cycle, a header, switching valves and a measurement circuit.
A header is connected downstream of a refrigeration cycle apparatus that supplies refrigerant of arbitrary mass
flow rate and vapor quality.
Each branch pipe is provided with a needle valve to control the pressure loss coefficient downstream of the
header. In addition, a switching valve is connected to each branch pipe, which is an adiabatic experimental
system that can be switched and connected to measurement circuit.
The measuring circuit consists of a heater, a watt meter, a needle valve, and a Coriolis refrigerant mass
flowmeter to measure liquid mass flow rate and vapor quality by total mass flow rate and heating rate. The
accuracy of liquid refrigerant flow rate ±3% has been verified by preliminary experiment. In order to confirm
the flow of the refrigerant, a sight glass (not shown by Fig. 4) is provided on the downstream side of the needle
valve. This makes it possible to confirm the branch flow path by visual inspection at a portion where the liquid
refrigerant is not flowing.
Table 1 shows the list of measuring instruments of the experiment.

Header
枝管間隔
Heater
ヒータ
U

1
25
24
2
23
3
22
4
21
5
20
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・・
・・
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枝管
Pipe
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Valve
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Main
主管
Pipe

Two-Phase

Mass
質量
Flow
流量計
Meter

44
1
Two-Way

切替弁
Valve
Two-Phase

Needle
キャピラリ
Valve
チューブ

Refrigerant Cycle Refrigerant
Refrigerant
汎用冷媒
汎用冷媒
Cycle
Cycle
サイクル装置
サイクル装置
Fig. 4 Experimental apparatus
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Parameter
Q[W]
M[kg/h]
Pin[Pa]

Table 1. Measuring instruments

Model
Yokogawa UPM-100
Micro motion CFM-010
Yokogawa FP101A-D21-C20A

Accuracy
±0.5% FS
±0.01%
±0.25%

3. RESULT AND DISCUSSION

25
24
23
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20
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16
15
14
13
12
11
10
9
8
7
6
5
4
3
2
1
0

Path position[-]

Path position[-]

Fig. 5 shows compares between the experimental results of the liquid distribution characteristics of the
conventional structure and the new structure for vertical header of 25 branch pipes. The solid line in the Fig. 5
shows the ideal liquid refrigerant distribution characteristics calculated from the air volume distribution of
building outdoor unit in which a blower is provided in the upper part of the housing.
In the conventional structure, more liquid-phase refrigerant is distributed in the lower part of the header, so it
was difficult to flow liquid refrigerant to the upper part of the heat exchanger with large air volume. In the new
structure, it is confirmed that the distribution of the liquid refrigerant to lower part of the heat exchanger with
smaller air volume is suppressed and the liquid refrigerant can be distributed more to upper part of the heat
exchanger. As a result, it is confirmed experimentally that the evaporation performance of the heat exchanger
can be improved by about 10%.
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distribution
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distribution
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(a) Conventional header (no insertion)

(b) New developed header

Fig. 5 The comparison of liquid distribution profile between conventional header and new header
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4. CONCLUSION
The vertical header of the new structure with the branch pipes inserted in the main pipe is installed in the heat
exchanger and applied to the out-door unit of the top flow type multi air conditioner for building, the evaporation
performance of the heat exchanger can be improved by about 10% because of improved distribution
characteristics as shown Fig. 6.
（ Top）

G as

（ Top）

G as
Liquid

Liquid
Heat E xchanger
Header

(Bottom)

Liquid

Conventional header

(Bottom)

New header

Fig. 6 The effect of new vertical header

NOMENCLATURE
M
Q

Mass flow rate (kg/h)
Heating rate (W)

P

Pressure (Pa)
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ABSTRACT
The unique characteristics of thermo-physical properties of a fluid under supercritical pressures have
profound effect on the heat transfer. The buoyancy effect that is induced by the severe variation of
density in radial direction would cause the heat transfer deterioration. In this study, numerical
simulation is conducted with R245fa at 4MPa to investigate the mechanism on the heat transfer
deterioration phenomena. Low-Re turbulence model is adopted for the simulation. Results show that
the flow field is significantly distorted due to the effect of buoyancy, leading to suppression of the
turbulence production. Agreement is achieved between the previous theoretical study and present
simulation investigation in terms of the location of salient points of velocity profiles. Simulation with
the density-modified R245fa is conducted as well. Results show that the heat transfer deterioration
is improved with a smaller density difference between liquid-like and gas-like region, suggesting the
density difference has profound effect on heat transfer under supercritical pressures.
Keywords: Supercritical Heat Transfer, Buoyancy, R245fa, Numerical Simulation.

1. INTRODUCTION
Heat transfer of a fluid at supercritical pressure is involved in a number of industrial applications,
such as supercritical water-cooled nuclear reactor (Mokry et al., 2011) , heat pump (Dang and
Hihara, 2004) , and organic Rankine cycle (He et al., 2018a, b) . Owing to the severe variation of
the thermo-physical properties under supercritical pressure, the heat transfer exhibits unique
characteristics compared to those fluids with constant thermos-physical properties. Experimental
investigation with different working fluid and different heat transfer geometries are used to study the
novel heat transfer phenomenon. Some consistent conclusions can be drawn from the experiment,
for example, the working fluid experiences heat transfer deterioration under moderate ratio of heat
flux and mass flux in the case of upward flow, while it behaves normally in the downward flow.
Researchers proposed theories from different perspectives to analyze the unique phenomenon, such
as the effect of buoyancy owning to the density change in radials and acceleration owning to the
density change in axials. However, experimental investigation can hardly look into the flow field
because of the harsh working conditions under supercritical pressure, the numerical simulation,
therefore, are adopted to obtain such information for further investigation.
A numerical analysis with Jones-Launder k-ε model was carried out to investigate the deteriorated
heat transfer in a vertical pipe (Koshizuka et al., 1995). The simulation results concluded that thicker
viscous sublayer leads to monotonic heat transfer deterioration at high flow rates. At low flow rates,
the buoyancy was concluded as predominant factor for the deterioration.
He et al. (2004) conducted the simulation of turbulent mixed convection heat transfer with carbon
dioxide. Five low-Reynolds k-ε models including Launder and Sharma (LS), Chien (CH), Lam and
Bremhorst (LB), Abe, Kondoh and Nagano (AKN) and Myong and Kasagi (MK) and a k–ω model
Wilcox (WI) were employed in the simulation. The results showed that all the models examined were
able to some extent to reproduce the observed effects of buoyancy on heat transfer. However, the
performance of the models varied significantly from one to another in terms of the predicted onset
and magnitude of such effects. A comprehensive comparison between a series of turbulence models
and DNS data was conducted subsequently (Kim et al., 2008). It was concluded that the lowReynolds k-ε models of Launder-Sharma, Cotton–Kirwin, Abe–Kondoh–Nagano, Yang–Shih and a
k–ε–v2–f model of Durbin can predict the buoyancy-induced impairment of heat transfer reasonably
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well. The distortion of the mean flow field resulting from the influence of buoyancy was proved the
predominant reason for the heat transfer impairment. Later, another comparison between turbulence
models and DNS on the forced and mixed convection was presented (He et al., 2008) . The
supercritical carbon dioxide was used as working fluid. The results showed that the low-Reynolds kε models of Launder and Sharma, Yang-Shih, Abe, Kondoh and Nagano, Chien and Myong and
Kasagi over-predicted the mixed convection with strong buoyancy.
In the upward heating flow of supercritical fluid, the fluid near wall decreases significantly when local
fluid temperature is close to the pseudocritical temperature. The local fluid velocity, as a result, will
be accelerated compared to the velocity of the fluid in the tube center. The velocity profile is
characterized as the so-called M-shaped velocity profile. Such a velocity profile has been verified by
the numerical simulations. The M-shaped velocity profile generated with buoyancy accompanies with
the heat transfer deterioration and recovery. The gradient of velocity profile associated with
turbulence production near the wall varies with magnitude of buoyancy. This process is characterized
with change in location of salient point of velocity profile. In the previous study of the author, a
theoretical model based on the force balance between buoyancy and wall shear stress is proposed
(He et al., 2018c). The results showed that the location of salient point has significant effect on
turbulence production and thus heat transfer. In this study, a numerical simulation is conducted to
demonstrate the theoretical model.

2. DETAILS OF NUMERICAL SIMULATION
The commercial code ANSYS Fluent 16/18 are employed to conduct the numerical simulation. The
LS low-Reynolds k-ε model is adopted to conduct the simulation. Table 1 summarizes the features
of the selected model.
Table 1. Constants and damping function of LS low-Reynolds k-ε model

Parameters
Cμ

Functions
0.09

Parameters
fμ

C1
C2
σk

1.44
1.92
1.0

f1
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3. RESULTS AND DISCUSSION
The simulation was conducted with R245fa at 4MPa, 400kg/m 2s and 40 kW/m2. Distributions of wall
temperature and bulk fluid temperatures along the tube are illustrated in Fig.1. In the location of 200
mm behind the inlet, the wall temperature increases more dramatically compared with the upstream,
and decreases when bulk fluid temperature approaches pseudocritical temperature. Velocity profiles
of cross-sections are shown in Fig. 2. A clear picture shows the evolution of the shape of velocity
profile as well as the location of salient point. In order to further confirm the location of salient points
in M-shaped velocity profile in the recovery region, part of the region behind 400 mm is considered
as well. The entire analysis region is indicated as the arrow shows. Three sections, A, B and C shown
in Fig. 1, are selected for further analysis.
The numerical results will be presented in two groups, i.e. the mean quantities and turbulence
quantities. In the first group, the quantities including shear stress, velocity, dimensionless velocity
and temperature will be illustrated. In the second group, the turbulence intensity and turbulence
production will be presented.
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3.1 Mean Quantities
0.8
0.7

Velocity, m/s

0.6
0.5
0.4

Velocity profile

0.3

section A
section B
section C

0.2
0.1
0

0

0.0004

0.0008

0.0012

R (m)

0.0016

0.002

Figure 3: Velocity profiles of three sections
90

25

Distribution of u

+

186

20

70

section A
section B
section C

section A
section B
section C

60
50

t+

u+

15

Distribution of t+

80

318

10

40
30
20

5

10

0

1

10

y+

100
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Figure 5: t+ distributions

In Fig. 3, velocity profiles of each section are shown. In section A that belongs to the region ahead
of deterioration, a velocity profile that fits the power law is obtained. In section B and C, on the other
hand, the M-shaped velocity profiles occur because of the buoyancy effect. The salient point in
section B locates closer to the wall than the one in section C. A clear picture is shown in Fig. 4 in
dimensionless form. The maximum u+ of section B and C lie in y+ of 186 and 318, respectively. Fig.
5 shows the t+ versus y+. The peak in the profile of section C takes place in a larger y+ than section
B.
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Fig. 6 shows the shear stress distributions against both the tube radius and y+. The shear stresses
of section B and C are strongly influenced by the buoyancy effect, resulting in a zero point in radius
direction other that the center point of the tube. The zero point in section C, again, locates closer to
the canter line than that of section B. Since section B and C respectively belong to deterioration and
recovery region, it can be concluded that the M-shaped velocity profile exists in both working
conditions.
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Figure 6: Shear stress distributions
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3.2 Turbulence Quantities
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In order to further identify the relation between salient point in velocity profile and heat transfer
deterioration, the variation of turbulence production are shown in Figs. 7 and 8 of different form. In
Fig. 7, for section B and C, the turbulence production is much less than that of section A; however,
it is hardly to distinguish it between them. In Fig. 8, on the contrary, a significant difference in the
location of zero point in terms of pre-multiplied form in section B and C can be observed. The zero
point in section B is much closer to the wall compared to that of section C. To visualize the variation
of this process, a more detailed results of the considered region are shown in Fig. 9. The crosssections 450 and 500 locate in the recovery region while the others belong to deterioration region.
Section 210 is illustrated as a reference since it locates ahead of deterioration. At the early stage of
deterioration, the zero point of turbulence production exists in small y+. The zero points in the
turbulence production profiles moves towards a higher y+ in the deterioration process. In recovery
region, the zero points exist at y+ greater than 300. As discussed in previous section, the M-shaped
velocity profile accompanies the deterioration and recovery region, which coincides with the
conclusions in this section.
In Fig. 10, comparison of the location of salient points is conducted between numerical simulation
and theoretical model. The simulation results coincide with the results of theoretical model for various
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working fluids under different deteriorated working conditions. For the numerical simulation, the
deterioration takes place at a friction Reynolds number greater then 1800, while the theoretical
model gives a much smaller friction Reynolds number for the deterioration onset. Such a difference
might attribute to the poor prediction of the onset of deterioration of the turbulence model.
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Figure 9: Turbulence production of the considered region in pre-multiplied form
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Figure 10: Comparison of the location of salient points between numerical simulation and
theoretical model
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Figure 11: Simulation results of the cases with modified densities

3.3 Further Demonstration by Modifying Density
Since the forces equilibrium plays a key role in the buoyancy-induced deterioration condition, thus a
smaller buoyancy, if possible, is expected to improve the heat transfer. Given that the buoyancy is
generated owing to the density difference of the fluid near wall and in the tube center, a smaller
density difference could certainly result in a smaller buoyancy. Therefore, the density of R245fa is
modified by multiplying a corrected factor to conduct the simulation.

 mod ified

 T

T
 pc

n


 


Eq. (1)

The exponent n of the corrected factor varies from 0.1 to 1.5. Simulation results in terms of fluid
temperature and wall temperature are shown in Fig. 11. In general, the temperature peaks in the
wall are significantly minimized by decreasing the density difference, indicating that a improvement
is obtained by modifying the density of R245fa. Over 30 ℃ decrease in the peak wall temperature
was obtained with a minor modification in density, suggesting the buoyancy resulted from density
gradient in radius is greatly reduced. Moreover, the onset of the deterioration moves to a higher bulk
fluid temperature.

4. CONCLUSIONS
A numerical study was conducted to provide the flow field characteristics. The LS low-Reynolds k-ε
model is adopted for the simulation. Results of the simulation showed the M-shaped velocity profile
is generated and exists in the deterioration as well as recovery process. The location of salient point
in velocity profile has significant effect on turbulence production and thus heat transfer. The location
of salient point of simulation results were compared to the results of the model, good agreement was
achieved, which suggested the validation of the theoretical model. In addition, the simulation results
of R245fa with modified density demonstrates the significance of force equilibrium in the buoyancyinduced heat transfer deterioration.
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NOMENCLATURE
d
p
T
y+

diameter (m)
pressure (MPa)
temperature (K)
dimensionless distance to wall

G
q
u+
ρ

mass flux (400 kg/m²s)
heat flux (kW/m²)
dimensionless velocity
density (kg/m3)
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ABSTRACT
Applying the hydrophobic membrane into the absorber and generator of the absorption chiller can
significantly downsize the absorption system. In this study, the permeability of the hydrophobic
membrane is evaluated using CO2 prior to the system test. The PTFE flat-type membrane with three
nominal pope sizes of 0.1, 0.45 and 1 micron were tested for both flow directions. Results show that
the permeability decreases with imposed pressure when the pressure is relatively small, and then
tends to be constant. The mass transport mechanism differs for the membrane samples, and higher
permeability was obtained with larger pore sizes. The variation of the permeability can be
qualitatively explained with the pore size distribution.
Keywords: Permeability, Membrane, Hydrophobic, PTFE, Absorption Chiller.

1. INTRODUCTION
Absorption chiller, which can be driven by the low-grade heat source, is appealing more and more
attention owing to the continuous efforts made on the energy conservation in refrigeration system.
However, it should be admitted that the large scale of the absorption system restricts its application.
In this study, the hydrophobic membrane is attempted to apply in the absorber and generator to
replace the usual ones. In general, the membrane has high specific surface area, which allows much
more interface compared with the traditional absorber and generator. The hydrophobicity of the
membrane prevents the passage of the liquid solution across the membrane layer by a large capillary
action, while refrigerant vapor is allowed to pass through the membrane pores.
A flat sheet membrane-based absorption refrigeration system was built and examined both the
desorption and absorption characteristics in terms of the height of the microchannel (Nasr Isfahani
et al., 2013; Nasr Isfahani and Moghaddam, 2013). In order to enhance the absorption rate,
microstructure (Nasr Isfahani et al., 2015) and iso-thermal unit (Asfand and Bourouis, 2015) were
proposed. The results showed that the absorption rate was significantly improved. The adiabatic and
non-adiabatic flat-type membrane based absorber were evaluated as well (Venegas et al., 2017).
Besides, the hollow-fiber-membrane-based absorber and generator were investigated by simulation
and experiment (Hong et al., 2018, 2016; Wang et al., 2009).
Prior to investigate the performance of the membrane-based absorber, the permeability test using
gas is conducted to understand the mass transport mechanism in the membrane by excluding the
influence of solution and interface. Therefore, in this study, the permeability of CO2 in the PTFE flattype membrane with different pore size is tested.

2. EXPERIMENT DETAILS
The experimental setup is shown in Fig. 1. The test membrane sample is fixed inside a holder made
of stainless steel. The gas, CO2 in this research, is introduced to the holder and passes through the
membrane at a certain pressure. The flow rate of gas will then measured in the downsream with an
air flow meter. In the experiment, the pressure difference (measured by the model Setra 230) and
flow rate (measured by the model TOKYO KEISO TF-5330) of the membrane are measured. By
changing the pressure difference, a series of flow rates can be obtained, which allows evaluating the
permeability performance of the membrane. For each membrane sample, the measurement was
conducted for both sides, as indicated in Fig. 1. In addition, for each side, the pressure was changed
in both ascending and descending order.
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Figure 1: schematic of the experimental setup

The morphology of the membrane is shown in Fig. 2.

Figure 2: Morphology of the membrane sample (1 micron)
Table 1: Details of the flat-type membrane samples

Material
Pore size (µm)
Thickness (mm)

1st sample
0.1

2nd sample
PTFE
0.45
0.15

3rd sample
1

3. RESULTS AND DISCUSSION
The transport of gas through porous media has been studied with the proposed mechanisms based
on the kinetic theories. The Knudsen number, which is defined as the ratio of mean free path of gas
to the pore size ( Kn   d p ), determines the transport mechanism of the gas inside a given pore
under certain conditions. In general, if Kn  1 or d p   , the molecular-wall collisions are dominant
over the molecular-molecular collisions, thus the Knudsen diffusion is used to describe the mass
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transport. The permeability is evaluated using the following expression.

BmK 

2 M
3 RT

8RT r 3
 M 

Eq. (1)

where M is the molecular weight of CO2, R is the universal gas constant, T is the mean temperature
in the pores, r is radius of the pore, τ is the tortuosity and δ is thickness of the membrane.
If Kn  0.01 or d p  100 , on the other hand, the molecular diffusion is dominant and the mass
transfer coefficient is calculated with Eq. (2)

M  p d 2 
B  
Eq. (2)

  RT  32 
A transitional flow regime exists if 0.01  Kn  1 and according to the Dusty-Gas model, the mass
V
m

transfer through a membrane consists of both Knudsen diffusion and viscous fluxes:

Bmtrans 

M  2 1

  3 RT

8RT r 3
p d 2 


 M  RT  32 

Eq. (3)

The mean free path of gas is calculated using the following equation,


。

kBT

Eq. (4)

2 p 2

k

Where  is the collision diameter (3.76 A for CO2), B is the Boltzmann constant, p the mean
pressure within the membrane pores and T the absolute temperature. Under the experimental
conditions, the mean free path of CO2 is 0.13 micron, resulting in the Knudsen number ranging from
approximately 1 to 0.1. Therefore, the transport mechanism will differs with the tested membranes
under such conditions.
Figs. 3 to 5 show the measurement results of in terms of the permeability and pressure difference
for both sides of each membrane sample. Fig. 3 is the measurement results of the membrane sample
with nominal pore size of 0.1 micron. The permeability decreases with pressure when the pressure
is relatively small. It might be attributed to the non-rigid nature of this material since it would be
deformed under the imposed pressure. The pore size will be reduced when the pressure acts on the
membrane, leading to smaller permeability for both Knudsen and molecular diffusion indicated by
Eqs. (1) and (2). As pressure increase, the deformation is less owing to the small thickness of the
membrane. The permeability tends to be constant with pressure for both diffusion direction. The
measurement is less accurate in the conditions of small pressure difference owing to the large
uncertainty in the measurement of flow rate. For the membrane sample with pore size of 0.45 and 1
micron, similar results were obtained as shown in Figs. 4 and 5.
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Figure 3: Permeability of membrane with pore size of 0.1 micron
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Figure 4: Permeability of membrane with pore size of 0.45 micron
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Figure 5: Permeability of membrane with pore size of 1 micron
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Figure 6: Comparison of the permeability of membrane samples

Fig. 6 shows the comparison of the permeability of all the samples. Except for the conditions of small
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pressure difference with relatively large uncertainties, the permeability increases with pore size.
Knudsen number is greater than 1 for membrane with pore size of 0.1 micron and about 0.2 and 0.1
for membrane with pore size of 0.45 and 1 micron, respectively. The corresponding mass transfer,
therefore, is govern by different mechanism. The contribution of the Knudsen diffusion and molecular
diffusion varies with Kn (Woods et al., 2011), leading to a greater permeability for the membrane
with larger pore size.
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Figure 7: Pore size distribution of the membrane samples
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The pore size distribution of the membrane samples were measured as well by the capillary flow
porosimetry (CFP-1200-AEL, Porous Materials Inc., U.S.A.). The membrane sample was completely
wetted with a certain fluid that has small surface tension, and measured the flow rate of air as well
as the imposed pressure. This measurement was also conducted under dry conditions. The pore
size can be calculated via the information of flow and pressure. Results are shown in Fig. 7. The
vast majority of the pores of the membrane sample that has nominal pore size of 0.1 and 0.45 micron
locate near its nominal value, however, for the membrane that has nominal pore size of 1 micron,
the pore size distributes much less than the nominal value. For the measured results in Fig. 6, the
variation of permeability can be qualitatively explained with the pore size distribution. A quantitative
description will be developed in the following research.

4. CONCLUSIONS
In order to obtain the mass transport performance of flat-type membrane, a gas permeability test
was conducted on the PTFE membrane with different pore size using CO2. It was found that the
permeability for all the test membrane decreases when the imposed pressure is small and tends to
be constant with pressure. The membrane with larger pore size has greater permeability compared
with those with smaller pores, which can be contributed to the great proportion of molecular diffusion
for larger pores. The permeability of gas can provides fundamental information on the mass transport
in the membrane, which would help better understand the mass transport in the condition with a
solution.
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permeability ()
Boltzmann constant

dp
Kn

pore size (µm)
Knudsen number

M
R
T
τ
ɛ

molecular weight (kg/kmol)
universal gas constant
temperature (K)
membrane tortuosity
membrane porosity

p

pressure inside pore (Pa)
radius of pore (m)
collision diameter of gas
thickness of the membrane
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ABSTRACT
Many lower global warming potential (GWP) refrigerants were developed as R404A alternatives to
reduce environmental impact. In order to adapt to global regulation, many development options are
necessary; New to market R468A was developed as a slightly flammable ultra-low GWP option with
a GWP 146. Physical properties of R468A are comparable to R404A. Flammability and stability of
the HFO blended option R468A should be considered, however it demonstrates a lower flammable
limit (LFL) and burning velocity are similar to widely adopted for automotive use R1234yf and the
thermal stability is also comparable to that of R1234yf. Since coefficient of properties (COP) of
R468A is better than R404A in both medium temp (MT) and low temp (LT) condition, R468A is
considered to be one potential option for R404A replacement to contribute reducing environmental
impact for the earth in direct and indirect CO2 emission.
Keywords: Environment,, Low GWP, , Physical Propertity, R404A,Refrigerant. .

1. INTRODUCTION
Lower GWP refrigerants are required by regulation in all over the world to reduce environmental
impact. In particular, R404A which has been widely used for all type of commercial refrigeration
systems has a high GWP (3922), and is a target of reduction and phase down. Currently some nonflammable lower GWP refrigerants with GWP less than 1500 such as R407H are proposed as
alternative for R404A. However, to further reduce GWP levels in order to comply with regional HFC
regulation and "the Kigali Amendment to the Montreal Protocol" we have to reduce the total CO2
Equivalent impact of refrigerants (GWP × amount) below 15 to 21% of baseline. European F-gas
Regulation and the recent California proposal require refrigeration units to have GWP below 150.
Therefore, development of much lower GWP refrigerant is necessary. This development
necessitates the trade-off between the GWP of refrigerant and its flammability. R468A, a new
refrigerant with the GWP of 146, is evaluated from following four viewpoints; Safety, Environmental
impact, Energy-efficiency and Cost-effectiveness.

2. PHYSICAL PROPERTIES
2.1.

Basic Properties

A core consideration in refrigerant choice is its environmental impact. Ozone depleting potential
(ODP) and global warming potential (GWP) should be considered; a refrigerant should have zero
ODP. Lower GWP value would have smaller environmental impact. In the viewpoint of recycle and
reuse of refrigerants, the number of refrigerant component gasses is the smaller the better.
Basic properties of candidate refrigerants are shown in Table 1. ODP of alternative refrigerants are
0 and GWP of them are much lower than that of R404A. R407H is non-flammable alternative with
the GWP of 1378. As R407H is R407 series, it consists of common components R32/R125/R134a,
which are widely used in refrigerants. R468A is 3 components mixture, consists of R32, R1234yf
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and R1132a. R1132a is widely used as a monomer for fluoro-elastomer manufacture and it is one
of the latest refrigerant components classified as A2 in ASHRAE. R468A is slightly flammable,
however, its GWP is below 150; 96% lower than R404A. R454A consists of R32/R1234yf and its
GWP is below 300. Physical properties such as Boiling point of these alternatives are similar to
R404A. Saturated pressures of these refrigerants were shown in Figure 1. Pressures were calculated
by Refprop 9.1 and they were very close to each other. R407H, R454A and R468A can be potentially
used with traditional R404A equipment and components without significant alternations.
Table 1. Physical properties of candidate refrigerants

Refrigerant
Composition
Molecular mass
Boiling point
(101.3 kPa)
Critical
temperature
Critical pressure
Pressure (25oC)
ODP
GWP AR5(AR4)
ASHRAE
safety class

R404A
R407H
R125/R143a/R134
R32/R125/R134a
a
(32.5/15.0/52.5)
(44.0/52.0/4.0)
97.6
79.1
-46.2oC
o

-44.6oC
o

R454A

80.5

R468A
R1132a/R32/R1234
yf
(3.5/21.5/75.0)
88.8

-47.4oC

-51.2oC

R32/R1234yf
(35/65)

o

o

72.0 C

86.5 C

86.2 C

83.9 C

3.73 MPa
1.25 MPa
0
3943 (3922)

4.85 MPa
1.24 MPa
0
1378 (1495)

4.95 MPa
1.34 MPa
0
238 (239)

4.46 MPa
1.33 MPa
0
146 (148)

A1

A1

A2L

A2L

Saturated Pressure / MPa

4

3
R404A
R454A

R468A
1

0

2.2.

R407H

2

-50 -40 -30 -20 -10 0 10 20 30 40 50 60 70
Temperature / oC
Figure 1: Saturated Pressure of R468A.

Energy Efficiency

Energy Efficiency affects indirect CO2 emission. It is an important consideration as energy
consumption for cooling, heating and refrigeration has a substantial impact on the total energy
consumption of buildings and countries.
The theoretical cycle performance was simulated based on REFPROP 9.1. Calculation condition
was shown in Table 2. Condensing temperature was determined as mid-point between dew point of
refrigerant and outlet of condenser. Evaporated temperature was determined as mid-point between
inlet of evaporator and dew point of refrigerant.
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COP of all candidate refrigerants were better than that of R404A. COP of R407H was the highest of
all the candidates and Capacity of R454A was the highest of all candidates. COP of R468A was 7%
higher than that of R404A in LT and 5% high than that of R404A. Capacity of R468A was similar to
that of R404A. Both COP and Capacity of R454A was better than R404A, however, its GWP is higher
than 150.
Table 2. Calculation condition

Conditions

Low temperature (LT)

Medium temperature (MT)

o

Condensing temperature

40 C

45oC

Evaporating temperature

-40oC

-10oC

Superheat

20 K

20 K

Subcooling

0K

0K

120

80

0

COP
Capacity

20

COP
Capacity

40

COP
Capacity

60

COP
Capacity

vs R404A (%)

100

R404A

R407H

R454A

R468A

Figure 2: Cycle Simulation in LT Condition (Te = -40oC).

Figure 3: Cycle Simulation in MT Condition (Te = -10oC).

2.3.

Thermal Stability

Thermal stability of lubricants and refrigerants mixture was evaluated with sealed tube test, based
on ASHRAE Standard 97-2007. Each tube contained 2 grams of lubricant and metal coupons of
steel, aluminium and copper. The refrigerant was added in an amount such that the internal pressure
was 3 MPa at 175oC. Prior to its addition into the sealed tube, moisture of the lubricant sample was
measured by Karl Fischer method. The moisture level was then adjusted to the experimental value
by adding liquid deionized water. The lubricant was added to each tube with a syringe. The tube was
evacuated followed by charging of refrigerant through condensation while the tube was submerged
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in liquid nitrogen. The sealed tubes were aged at 175oC for 14 days. After aging, the tube contents
were also analysed for Total Acid Number (TAN). Polyvinyl Ether (PVE) type lubricant was used for
both HFC and HFO based refrigerants. The method for measuring TAN was based on ASTM D664
with some modifications to accommodate small sample sizes. 0.5 grams of the lubricant was
dissolved in 5 grams titration solvent containing toluene, 2-propanol and a small amount of water
and titrated with 2-propanol solution of potassium hydroxide at room temperature using p-naphthol
benzene as an indicator. The 2-propanol solution of potassium hydroxide was adjusted to 0.01 mol∙1
.
Total acid number of each test was shown in Fig. 4. In the case of R407H, TAN was very small in all
tests, even in the test with air and moisture. It indicates that HFCs can be used with both PVE oil
because HFCs is very stable. In the case of R468A and R1234yf, even when PVE oil for HFCs used
as lubricant, there was no significant increase of TAN after tested without air and moisture. However,
TAN was increased when tested HFOs with lubricants for HFCs, air and moisture. When PVE oil for
HFOs used as lubricant, there was no significant increase of TAN after tested with HFOs, air and
moisture. When using HFOs, air and moisture should be managed and it is recommended for HFOs
to use with lubricants for HFCs.
Table 3. Conditions of thermal stability test

Conditions
Temperature (oC)

Test 1
(Without air and moisture)
175

Test 2
(With air and moisture)
175

Test term (days)

14

14

Water content (ppm)

< 50

500

Air pressure (ppm)

< 10

6000

Catalyst

Fe / Cu / Al

Fe / Cu / Al

Oil

PVE for HFCs or HFOs

PVE for HFCs or HFOs

With Air
and
Moisture

With Air
and
Moisture
R1234yf

R1234yf

R468A

R468A

R407H

Without
Air and
Moisture

0.0

0.5
1.0
1.5
2.0
Total acid Number (mgKOH)

2.5

R407H

Without
Air and
Moisture

0.0

0.5
1.0
1.5
2.0
Total acid Number (mgKOH)

2.5

Figure 4: Thermal Stability of Refrigerants (Left: PVE for HFCs, Right: PVE for HFOs).

2.4.

Flammability

Safety should take first priority to any other points. Refrigerants must be safe to use through the
entire lifecycle of the equipment. In the case of R468A, it includes R1132a whose flammability
categorized as not A2L but A2. Therefore, flammability of R468A should be cautiously evaluated.
LFL and Burning Velocity of refrigerants were tested. The LFL test apparatus and procedure were
according to ASTM E681-2009 and Appendix B1 to ASHRAE Standard 34-2016. Burning velocities
were measured by the closed-vessel method.
The flammability results of R454A and R468A are shown in Table 1. LFL of R454A and R468A were
higher than R1234yf and burning velocity of them were slower than R32. Therefore, R454A and
R468A are classified as A2L by ASHRAE Safety Classification and they can be used as well as R32,
R1234yf and other A2L refrigerants.
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Table 4. Flammability Test Results of Refrigerants

R407H
R32
R1234yf
R454A
R468A

GWP
(AR5)
1378
677
<1
238
146

LFL
(vol%)
Non-flammable
14.4
6.2
8.4
7.3

Burning velocity
(cm∙s-1)
6.7
1.5
1.5
2.1

ASHRAE
safety class
A1
A2L
A2L
A2L
A2L

3. CONCLUSIONS
Several refrigerants were evaluated as R404A alternatives for refrigeration. Physical properties of
R407H, R454A and R468A were similar to R404A and their theoretical COPs were better than
R404A by 12%, 9%, 5% respectively. GWP of non-flammable refrigerant should be considered,
however, its safety is as well as R404A. GWP of R468A is below 150 and it will suit for global HFC
regulations. When HFOs are used with current equipment, we should consider its flammability and
stability. Flammability of R468A is similar to R1234yf. The result of thermal stability tests indicates
that lubricants for HFOs are useful for HFO blends including R468A. All in all R468A offers a wellbalanced solution considering safety, environmental impact and total cost of ownership. Further
studies on R468A will follow to give the full pictures about its technical characteristic. In addition,
further studies on developing much lower refrigerant will be contributed to reduce environmental
impact.

NOMENCLATURE
ODP
COP
MT
TAN

Ozone Depleting Potential (R11 = 1)
Coefficient Of Performance
Medium Temperature
Total Acid Number

GWP
LFL
LT
PVE

Global Warming Potential (CO2 = 1)
Lower Flammability Limit (vol%)
Low Temperature
Polyvinyl Ether type Lubricant
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ABSTRACT
Previous studies showed that CO2 hydrate slurries are potentially one of the top PCM slurries used
as a secondary refrigerant, due to high dissociation enthalpy. However, crystal agglomeration
phenomenon observed with solid-rich slurry that can lead to pipe plugging is a real limitation for an
industrial application, and use of additives could be a way to prevent it.
Experimental rheological behaviour of CO2 hydrate suspensions with a rheology modifier additive in
various concentrations was studied in a dynamic flow loop using gaseous CO 2 injection in a precooled water to crystallize CO2 hydrates and to measure pressure drops as a function of volume flow
rate for various solid particle fractions. The Herschel-Bulkley model was used to characterize the
laminar flow regime and a shear-thinning behaviour was obtained. A FBRM probe was used to
characterise chord length distributions of CO 2 hydrates and exhibited a threshold effect for this
additive for the slurry.
The results showed that the use of the additive avoids slurry agglomeration phenomenon, bring a
threshold to the slurry and improves their flow properties due to the affinity of additive to CO 2
hydrates.
Keywords: Gas Hydrates, Carbon Dioxide, Rheology, Anti-Agglomerant, Secondary Refrigeration.

1. INTRODUCTION
Secondary refrigeration is a method using a neutral fluid for cold distribution in order to confine
primary refrigerants and reduce their quantities and thus their direct greenhouse effect due to gas
emissions. Two-phase refrigerants (solid-liquid) are relevant for this method since their energy
density is higher than a single phase secondary refrigerant because of the melting latent heat of the
solid. Ice slurries are already used but their generation requires mechanical processes increasing
exergy losses (Guilpart et al., 2006). Hydrate slurries composed of a suspension of hydrate crystals
in aqueous solution can also be used as secondary refrigerants and have the advantage of being
able to form without mechanical processes. CO2 hydrate can be a suitable possibility for secondary
refrigeration applications because of its high dissociation enthalpy 500 kJ/kg. As a result, CO 2
hydrate slurries can contain and carry large energy quantities (Fournaison et al., 2004; Marinhas et
al., 2006). However, the use of CO2 hydrates in cooling systems requires formation pressure higher
than 1 MPa.
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Previous studies in a dynamic loop performed at Irstea have shown that CO 2 hydrates in aqueous
liquid phase can agglomerate (Delahaye et al. 2008, Delahaye et al. 2011, Jerbi et al., 2013), and
even form plugs as in pipelines. Depending on whether the loop system studied does or does not
have a stirred-tank reactor, hydrates can agglomerate and form plugs from a high hydrate fraction
of 20 vol.% (with a stirred tank reactor) (Jerbi et al., 2013) or from a low hydrate fraction of 5-10 vol.%
(Delahaye et al., 2008).
The addition of chemical promoters, as quaternary salts (TBAB, TBPB, TBPF…) (Clain et al., 2012;
Fukushima et al., 1999; Hashimoto et al., 2011) or Sodium Dodecyl Sulfate (SDS) (Oignet et al.,
2017) is a solution to reduce the agglomeration. Previous results show that SDS used at
concentrations of 1,500 to 2,000 ppm significantly decreases agglomeration and improves the flow
properties of the slurry. Moreover, SDS helps decreasing the viscosity of CO 2-hydrate slurry at high
fraction (> 10 vol.%) and therefore could be suitable for use in industrial applications such as
secondary refrigeration, in which hydrate slurries must be easy to handle (see Table 1).
This work presents a rheological study of CO 2 hydrate slurry in the presence of a chemical additive
named AA_A carried out in a dynamic flow loop in order to observe the effect of this additive on
slurry viscosity and agglomeration. This behaviour is characterized in the present work by applying
the capillary viscometer method (based on pressure drop vs. flow measurements), and the HerschelBulkley model is used in a first approach to represent the apparent viscosity of the slurry. In hydrate
field, particle size analysis is usually used for experimental studies of hydrate growth and
agglomeration (Clain et al., 2015; Clarke and Bishnoi, 2005; Greaves et al., 2008; Leba et al., 2010) .
The work of Clarke and Bishnoi on the kinetics of CO 2 hydrate formation in water showed that the
FBRM probe could detect hydrate nucleation, i.e. the total number of particle counts increasing
sharply, corresponding to a sudden rise of temperature. Then hydrate particle growth could be
observed by an increasing of the number of large chord length and agglomeration could be seen as
a sudden drop in the total number of particles (Greaves et al., 2008) studied the reliability of FBRM
probe by measurement tests such as THF hydrate, ice and different glass particle size. They found
that the FBRM can detect with a high accuracy the system changes. Nevertheless, they remarked
that the measured chord length distribution can be distorted and a calibration specific need required
for the particle size. Moreover, in bimodal system, large particles often diminish the ability of the
FBRM to measure and count small particles.
Table 1. Summary of rheological studies performed on different hydrate slurries. OdW: Ostwaldde Waele; S-Thin.: Shear thinning; S-Thicken.: Shear thickening; HB: Herschel-Bulkley

Reference
Fukushima et al.
(1999)
Andersson and
Gudmundsson,
(2000)
Darbouret et al.
(2005)
Delahaye et al.
(2008)

Hydrate Solution
TBAB Aqueous

Viscometer
Capillary

s

Behaviour
OdW S-Thin.: μapp: 302000 mPa.s
Bingham: k: 1-3.5 mPa.s
Bingham: k: 8-170 mPa.s

0.220.31
0.010.1

CH4

Aqueous

Capillary

TBAB

Aqueous

Capillary

CO2

Aqueous

Capillary

CO2

Capillary
Capillary

0.040.53
0.040.1
0.1-0.2
0.040.1
0-0.28

Delahaye et al.
(2011)
Clain et al. (2012)

TBPB

Aqueous
+ TA
Aqueous

Jerbi et al. (2013)

CO2

Aqueous

Capillary

0-0.21

Waycuilis et al.
(2011)
Oignet et al. (2017)

CH4

Aqueous

Capillary

0-0.12

CO2

Aqueous
+SDS

Capillary

0-0.155

OdW S-Thicken.
HB S-Thin.:
μapp: 4-42 mPa.s (at 400 s-1)
Newtonian: μapp: 3.316.6 mPa.s
OdW S-Thin.: μapp: 441 mPa.s
OdW S-Thin. : μapp: 310 mPa.s
Non-Newtonian: μapp: 1.264.8 mPa.s
OdW S-Thin.: μapp: 815 mPa.s
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2. MATERIAL AND METHOD
2.1.

Materials

A CO2 cylinder was purchased from Air Liquide (99.995 % in volume) and deionized water was used
for the experiments. AA_A additive is a hydrophobic-modified alkali-swellable emulsion (HASE)
polymer. It was used to at two mass concentrations of 0.3 and 0.5 wt%.
2.2.

Equipment and Protocol

A dynamic loop, described in previous works, is used to produce CO 2 hydrate slurry and to
characterize its rheological properties. The loop is mainly composed of stainless steel pipes with an
internal diameter of 8 mm (external diameter of 10 mm) and a total length of 2 m. A scheme of the
apparatus is shown in Fig. 1. The total volume of the loop is 2.65 10-4 m 3. The loop is located in a
cold room (6 m 3) whose temperature is controlled by PID. Temperature and pressure are maintained
within the range of 268 – 293 K and up to 3.5 MPa respectively. The dynamic loop is also composed
of a glass tube (with an inner volume of around 3.10 -5 m 3) for detecting the formation of hydrate
particles and visualizing hydrate slurry flow. The loop is equipped with a differential pressure gauge
(ABB 265 DS, up to 0.02 MPa, ± 0.04 %) to measure the pressure drops caused by fluid flow on a
straight line of the loop (0.5 m), and with a pump (AxFlow GC-M25, maximum flow rate = 0.17 m 3.h1
) and an electromagnetic flowmeter (IFM6080K-type Variflux, ± 0.5 %) to control and measure fluid
flow. The device is equipped with 6 T-type thermocouples (± 0.3 K) and 2 pressure gauges (range:
0-5 MPa, accuracy 0.05 %). Finally, a FBRM probe can be used for chord length study in the loop
during the rheology experiments.

Figure 1: Rheology flow loop and FBRM probe
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After the introduction of water in the loop, the cooling stage starts with the cold unit of the box until
reaching a set temperature. At this moment, the gas injection starts. The injection is refrigerated and
calibrated through the syringe pump (1000D ISCO) placed outside the box. As the injection takes
place, the gas dissolves in the liquid phase until it reaches the equilibrium HLV curve. During this
phase, the cooling continues in the system until the set temperature is reached. At the equilibrium
temperature, the gas injection continues until the water starts to trouble and quickly reaches the HLV
equilibrium curve. This moment is a sign that the hydrates begin to form in the system. Gas is still
injected to the amount required to form the desired hydrate solid fraction.
Once the hydrates are formed and the equilibrium established in the loop, the rheological study is
carried out by varying the flow rate and measuring the corresponding pressure drop as shown in
Fig. 2. We realized two phases of measurement: a downward phase where we decrease the volume
flow rate of higher to lower flow rate values and an upward phase where we increase the volume
flow rate of the lower to higher flow rate values. Each level is labelled as illustrated in Fig. 2 (levels
D2 and U1 are the same volume flow rate value in the downward and upward phase respectively,
50 l.h-1, D1 and U2 are at 70 l.h-1 for this example and so on for the others levels).

Figure 2: Evolution of pressure drop at various flow rate

The capillary viscometer method used to evaluate hydrate slurry rheology is based on various
assumptions. In a first approximation, CO2 hydrate slurry can be considered as a pseudohomogeneous fluid, circulating in laminar regime and without wall slip in the cylindrical pipe. Flow
rate, shear stress, shear rate can thus be represented at the wall by the Rabinowitsch-Mooney's
equation:

1 8U 
1 w 2
Q
=
  d
=
Eq. (1)


 R 3 4  D   w 3 0
Where τw is the shear stress at the wall in Pa, related to regular pressure drops ΔP in Pa due to a
pipe of length L in m and diameter D in m. After derivation of the expression of Rabinowitsch-Mooney,
a differential equation is solved and an expression of the shear rate at the wall is obtained and n is
the behaviour index defined as:
D P
4L

Eq. (2)

8 U (3 n + 1)
D 4n

Eq. (3)

w =

 w =

n=

d ln w
8u
d ln
D

Eq. (4)

Thus, measurements of pressure drop ΔP and flow velocity allow the rheological behaviour of the
fluid to be established according to Herschel-Bulkley's model:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1630

 w =  0 + k wn

Eq. (5)
Hydrate size analyses were performed thanks to a Focused Beam Reflectance method (FBRM),
which is an in-situ method of counting and sizing particles and aggregates. The technology uses a
probe where a revolving laser beam is projected through a sapphire window at a wavelength of
780 nm and highly focused just outside the window surface. The focused beam rotates at a high rate
of speed about 2 m.s-1, so that particle motion is insignificant to the measurement. As particles pass
by the window surface, the focused beam intersects the edge of a particle. The particle then begins
to backscatter laser light until the focused beam reaches the particle's opposite edge as showed in
Fig. 1. The backscattered light is collected by the FBRM optics and converted into an electronic
signal. The particle backscattering time is multiplied by the scan speed and the result is a chord
length. A chord length is a straight line between any two points on the edge of a particle or particle
structure. During a specified measurement time, measured chord lengths are recorded and a chord
length distribution (CLD) is returned. The measured CLD depends on both the particle size
distribution (PSD) and the shape of the particle, so it can be used to represent the characteristics of
a particulate system. The FBRM instrument is composed of a measurement probe, an electronic
measurement unit and a computer for data acquisition and analysis. For CLD analysis, the probe is
inserted into the flow loop with an inclination of 70° using a dedicated stand. The data analysis
software gives the counts number ni per second for each selected size class i of chord length ci.

3. RESULTS AND DISCUSSION
3.1.

Impact of Anti-Agglomerant Additives on CO2 Hydrate Slurries

Fig. 3 shows the volume flow rate and pressure drop variations at various hydrate fractions (10 and
12 vol%) and additive concentrations of 0.3 and 0.5 wt% and a CLD distribution for CO2 + AA_A at
0,3 wt% for a flow rate stage of 80 l.h-1. As we can see on the results, pressure drop varies with the
imposed volume flow rate, more or less regularly depending on the operating conditions. On Fig. 3.a,
the flow behaviour of CO2 hydrate slurry with a solid fraction of 10 vol% without additive is presented.
Two different periods can be observed. First, during downward stage, pressure drop and flow rate
evolved regularly between 0 and 80 min. Pressure drops levels are not constant like the flow rate
levels but continue to increase slightly. This might indicate either a plugging within the pressure drop
gauge pipes or a phenomenon increasing the pressure drop at given flow rate like agglomeration.
From 80 min, when the upward stage started, pressure drop values did not stabilize quickly which
indicates strong disturbances in the system. It is also noted that the pressure drop is more important
for U1 level than D3 level. This can be related to a change in the slurry composition. We can consider
the appearance of possible agglomerates that disturb slurry flow and increase pressure drop.
Beyond this level, there is unstable pressure drop behaviour with a continuous decrease. This
denoted at least a partial plugging in the pipe. The same behaviours have also been observed for
larger solid hydrate fractions (higher than 10 vol%). On Figs. 3b and 3c, we presented the flow
behaviour of CO2 + AA_A hydrate slurry for two mass concentrations, 0.3 and 0.5 wt%, and solid
hydrate fraction, 12 and 10 vol% respectively.

3.a: CO2; hydrate fraction = 10 vol%

3.b: CO2+AA_ A at 0.3 wt%; hydrate fraction = 12
vol%
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3.c: CO2+AA_ A at 0.5 wt%; hydrate fraction =
3.d: CLD for CO2+AA_A at 0,3 wt%; hydrate
10 vol%
fraction = 12 vol%
Figure 3: Volume flow rate and pressure drop variations at various hydrate fractions, two AA_A
additive concentrations. CLD distribution for CO2 + AA_A at 0,3 wt% and 80 l.h-1

First, we note that the variation of the pressure drop is globally proportional to the flow rate variation.
We observe that CO2 hydrate slurry with AA_A pressure drop is more stable than single CO 2 hydrate
slurry. It can be observed that the pressure drop seems to have difficulties stabilizing on the different
levels during the downward phase but displays similar values for the upward and downward phases.
This effect suggests that the AA_A additive acts as an anti-agglomerant agent. However, it can be
noted that the flow rates are more stable at a mass concentration of 0.5 wt% than at 0.3 wt%. On
the other hand, it can be noted that the pressure drop has higher perturbations at 0.5 wt% than at
0.3 wt% although flow rate stage are in steady conditions. This would indicate a better stability of the
fluid flow at the lowest additive concentration. Finally, the pressure drop value is higher for the
concentration at 0.5 wt% than at 0.3 wt% which can be attributed to the increase in the viscosity of
the carrier solution in the presence of additive. Indeed, during the preparation of the solution, it was
observed that it became more and more viscous with the presence of this additive. This first
qualitative observation has to be check with a CLD characterization of CO 2 hydrate crystals for
confirming the assumption. On Fig. 3.d, we present CLD distributions at level U3 and D3 (flow
rate = 80 l.h-1) for the same experiment of Fig. 3.b. We observe that neither the count nor the chords
length changes significantly during the CO2 hydrate slurries rheological characterization. A threshold
effect has been identified in the presence of this additive and seems interesting for the intended
application because the pressure drop is not too high. The threshold effect is the ability of additives
bind to the hydrate particles by chemical bonds, in order to maintain them in the solution without
sedimentation or agglomeration.
In order to verify the relevance of the present results, it is interesting to compare them with literature
data as seen in Fig. 4. This figure proposes comparisons between various viscosities obtained for
CO2 hydrate slurries with and without stirred tank reactor used to homogenize the slurry inside the
vessel and prevent formation of hydrate agglomerates for a constant shear rate at 400 s -1, as
described in previous works (Delahaye et al., 2008; Jerbi et al. 2013; Oignet et al. 2017). Concerning
the evolution of apparent viscosity as a function of shear rate, it can be seen that CO 2 hydrate slurry
in the presence of the additive has a shear-thinning behaviour. Finally, as shown in literature for
hydrate slurries, the apparent viscosity increases with solid fraction, which is an expected result.
Indeed, it varies between 4.1 mPa.s at 6.2 vol% and 6.7 mPa.s at 12 vol% for AA_A for a shear rate
of 400 s-1. Single CO2 hydrate slurries have also a shear-thinning behaviour (see Table 1).
Nevertheless, according to the studied system, viscosity values differ. We observed that the
apparent viscosities for CO2 hydrate slurry with AA_A are quite low in comparison with other literature
data. We saw that this additive used in this work have an impressive impact on the apparent viscosity
close to the results obtained by Jerbi et al. 2013. In their work, the presence of a stirred tank reactor
associated to the loop allows hydrate slurry viscosity to be relatively low. This result can be explained
by the rheological behaviour of hydrate slurries. Indeed, stirring action in the tank increases shear
rate, which consequently may result in a decrease in the viscosity of the slurry in the loop due to its
shear-thinning behaviour. AA_A additive used to in this work is able to have the same effect on
apparent viscosity without mechanical stirring, which could be very interesting for energy efficiency
of cooling applications.
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Figure 4: Comparison between hydrate slurry viscosities and literature data at 400 s -1

4. CONCLUSION
In this work, we examined the effect of a HASE additive on rheological properties of CO 2 hydrate
slurries in a dynamic loop for hydrates fractions between 6 and 12 vol%. The Ostwald (capillary)
viscometer method was used to show that CO2 hydrate slurries with additive have a shear-thinning
behaviour. This non-Newtonian behaviour is generally observed in studies on hydrate slurries.
Apparent viscosities obtained for this additive are quite low and close to the results of Jerbi which
use a mechanical stirring. We were also able to highlight the properties of anti-agglomeration and
threshold of this additive on the CO2 hydrate slurry. Others experiments have to be run at various
mass concentrations and types additives for evaluate their impact on the CO 2 hydrate slurries flow.
In the same time, particle size distribution study will be carrying out to develop a better
comprehension on the mechanisms of anti-agglomeration of theses additives.
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NOMENCLATURE
c

Chord length class

U

Fluid velocity (m.s-1)

D

Pipe diameter (m)

ΔP

pressure drop (Pa)

k

Consistency index (Pa.sn)

𝛾̇𝑤

shear rate at the wall (s-1)

L

Tube length (m)

𝜙𝑠

volume fraction of hydrate

n

Behaviour index ; count number

𝜏0

minimal shear or yield stress (Pa)

Q

Volume flow rate (m .s )

𝜏𝑤

shear stress at the wall (Pa)

3

-1

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1633

R

Pipe radius (m)

𝜇𝑎𝑝𝑝

apparent viscosity (Pa.s)
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ABSTRACT
Use of advanced experimental technique for the R744 two-phase flow observation inside the
ejector is required to find a possibility of the ejector efficiency improvement. Hence, the CO2
refrigeration test facility dedicated to visualise the flow behaviour inside the ejector is presented.
The test rig is designed and installed for operation analysis of freezers through air conditioning
applications. The R744 vapour compression rack is equipped with the transparent ejector designed
for the flow visualisation investigation. The ejector section was prepared in order to perform flow
velocity and mixing process analyses using the Particle Image Velocimetry system and high-speed
camera. The designed system let to investigate various shapes of the ejector cross-sections due to
modular construction as well as another expansion devices, e.g., a capillary tube. The performance
and main characteristics of the test rig was analysed on the basis of the coefficient of performance
and the first-law analysis with and without the ejector.
Keywords: Refrigeration, Carbon Dioxide, Ejectors, COP, Energy Efficiency.

1. INTRODUCTION
The carbon dioxide (denoted as R744) is an one of the most promising natural refrigerant and
competitive when compared to the synthetic refrigerant. The recent regulations presented in Kigali
Amendment (United Nations Environment Programme, 2016) and in the European F-gas
regulations (Parliament and of the European Union, 2014) forced to phase out common synthetic
refrigerants from the market, i.e., R410A or R22 due to the high global warming potential (GWP)
index.
The number of the installed refrigeration units based on the natural refrigerants, especially R744
ones in supermarkets, significantly increased as the result of the system improvements (Shecco,
2013). However, the R744-based refrigeration units obtained much lower coefficient of
performance (COP) at hot and tropical climates when compared to the cold and moderate climates
due to the low critical temperature of 31.1°C and high critical pressure of 73.8 bar. The very high
pressure differences in the expansion and compression sections caused an increase in the energy
loss and a decrease in COP (Kim et al., 2004). For this reason, COP of the R744 refrigeration
system must be improved by implementation of the well-designed components that reduce the
energy and exergy losses (Bansal, 2012).
The high thermodynamic losses that appeared in the expansion valve led to introduce more
complex device to recover some potentially expansion work (Elbel and Hrnjak, 2008). Moreover,
the possibility to utilise the evaporator in the flooded mode allowed for the COP improvement
which required a recirculation of the liquid phase from the evaporator. One of the solutions is to
use a two-phase ejector as a main expansion device in the R744 refrigeration system. The main
aim of the ejector is to expand the motive flow from the discharge section through the convergingdiverging nozzle, entrain the suction stream outside from the evaporator and compress the mixed
flow through the diffuser to the intermediate pressure level. The ejector can be utilised to entrain
either the vapour flow from the evaporator outlet or the liquid flow for the overfeed evaporator (Li et
al., 2014).
The numerical investigation of the R744 ejector-based system obtained a significant COP
improvement compared to the standard direct expansion system or R744 booster system with flash
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gas bypass concept (Li and Groll, 2005). The authors stated that the COP improvement was more
than 16% when compared to the basic transcritical R744 cycle for air-conditioning operating
conditions. The similar improvement was observed for the R744 ejector-based system with the
internal heat exchanger (Deng et al., 2007). Surprisingly, the prototype ejector implemented to the
R744 transcritical cycle improved COP up to 7%, whereas the COP improvement of the ejectorbased system should be approximately 18% based on the theoretical results (Elbel and Hrnjak,
2008). Therefore, the design process of the two-phase ejector has to be done using more accurate
complex mathematical approach such as computational fluid dynamics (CFD) model.
The defined two-phase fluid flow assumption in the CFD model of the two-phase ejector allowed
for the evaluation of the flow behaviour inside the ejector. The most common approach used in the
numerical investigation was the homogenous equilibrium model (HEM), which assumed
mechanical and thermodynamic equilibrium between both phases (Lucas et al., 2014). The
application range of HEM for R744 two-phase ejector based on the mass flow rate predictions was
defined close to the critical point and in transcritical conditions (Palacz et al., 2015). The accuracy
improvement of the CFD ejector model at the subcritical conditions was done when the modified
homogeneous relaxation model (HRM) was used for evaluation of the metastable effect during
expansion process (Haida et al., 2017). The further improvement of the accuracy of CFD R744
ejector model can be attained by use of the mixture fluid flow assumption (Giacomelli et al., 2018).
The CFD model allowed for the accurate prediction of the two-phase flow inside the R744 ejector.
However, the implementation of the aforementioned CFD models in dynamic simulation is
impossible due to the computation time for a single operating point. The theoretical analysis of the
R744 ejector-based cycle were mostly performed using zero-dimensional homogeneous
equilibrium model (Kornhauser, 1990). The approach let to evaluate ejector performance based on
the equilibrium state of both phases and assumed efficiency of each ejector part. The efficiencies
of ejector parts were defined as a constant value for selected operating regimes (Liu et al., 2012).
The aforementioned assumption caused high discrepancy of the motive and suction mass flow
rates predictions given by theoretical model when compared to the experimental results. Therefore,
the low-order and fast mathematical approach built by use of the complex computational fluid
dynamic (CFD) model results and experimental data allows to predict ejector performance at high
accuracy for very wide operating regime. One of the solutions is to implement the reduced-order
model (ROM) of the designed two-phase ejector into the dynamic simulations of the R744
transcritical cycle based on the proper orthogonal decomposition (POD) approximation basis
(Ostrowski et al., 2008).
The most important advantage of ROM for the approximation base is its optimality, i.e., there is no
other approximation base with smaller error. Due to this property, the ROM constructed using the
full CFD model of two-phase flow is characterised by very high accuracy, while the computational
time is decreased significantly. To generate ROM as a continuous function of the input parameters,
the radial basis function (RBF) interpolation method was implemented for the POD-ROM
(Ostrowski et al., 2008). The POD-RBF model of the R744 two-phase ejector based on the CFD
results was developed for ejector performance evaluation (Haida et al., 2018b). The ROM was
built based on the HEM results for transcritical conditions and the accuracy of ROM was similar to
the CFD results compared to the experimental data. Moreover, the hybrid combination of the CFD
results and experimental data were used to build the hybrid ROM of the R744 ejectors (Haida et
al., 2018a). The previously discussed model was used to generate maps of ejectors performances
installed in the multi-ejector module (Banasiak et al., 2015) for R744 supermarket system.
The motive nozzle and suction nozzle mass flow rates accuracy of the each ROM was within ±10%
for operating conditions typical for supermarket application. One of the reason of the specified
model prediction is the parameters selected for model validation. The validation procedure of the
R744 two-phase ejector numerical model were performed to define the model accuracy based on
the pressure distribution (Nakagawa et al., 2011), motive nozzle and suction nozzle mass flow
rates (Haida et al., 2017), and temperature of the ejector walls (Haida et al., 2018). Each method
let to evaluate the global flow parameters as well as at defined local point. Therefore, the
investigation of the flow behaviour, especially in the mixing section, can be done by visualisation of
the two-phase flow to build more advanced and accurate mathematical model. The flow
visualisation by use of the particle image velocimetry method (PIV) allowed the authors to perform
numerical investigation of the CFD model with different turbulent models (Little and Garimella,
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2016). The visualisation of the R744 two-phase ejector with a rectangular cross-section was
performed (Zhu et al., 2017).The authors used the light film and a single-lens reflex camera to
observe the liquid and vapour flow together with the expansion angle in the mixing chamber.
Based on the experimental results given by (Zhu et al., 2017), the evaporation line in the mixing
section was presented and the flow quality was approximated based on the captured snapshots.
The main aim of this paper is to present the R744 vapour compression test rig equipped with the
R744 two-phase ejector designed for flow visualisation inside the ejector using PIV method. The
test rig was defined to investigate the ejector performance at refrigeration, air-conditioning and
heat pump applications. At first, the system layout was presented with the detailed description of
the R744 circuit, oil loop and auxiliary loops. Then, the design concept of the ejector with
transparent walls was shown. Finally, the first-law analysis was done to define COP improvement
of the test rig working with the utilised ejector compared to the system working in the reference
booster mode. The energy performance analysis was performed using OpenModelica software
with implemented hybrid ROM of the R744 two-phase ejector to evaluate COP of the system
equipped with the designed ejector.

2. THE R744 VAPOUR COMPRESSION TEST RIG EQUIPPED WITH THE
TRANSPARENT EJECTOR
The test rig was designed to carry out the experimental investigation of the R744 two-phase ejector
based on the two-phase flow visualisation inside the ejector. The PIV method was employed for
mixing process observation and validation of the CFD R744 ejector model with different turbulence
approaches. Moreover, the test campaigns were defined for different applications and different
climate zones. Therefore, the R744 loop with all components and measurements was shown in
Fig. 1. The test rig was designed as a standard booster system with flash gas bypass and
additional liquid receiver. The semi-hermetic compressor Dorin CD 1400H was used to compress
the vapour flow from evaporator pressure level. Moreover, the aforementioned compressor was
connected to the inverter to control the capacity by frequency modification.
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Figure 1: The P&ID diagram of the R744 circuit with oil recovery

The oil recovery loop with oil separator was designed to ensure the proper level of the lubricant in
the compressor and avoid the performance degradation of the other components. The heat
rejection in discharge line was controlled using the SWEP brazed plate-type heat exchanger as a
gas cooler. The outlet conditions of the gas cooler are strongly related to the expansion process in
the ejector and high-pressure expansion valve. The Danfoss CCTM-8 electronic expansion valves
were used to throttle the R744 flow between the gas cooler and the liquid receiver as well as
between the liquid receiver and the evaporator pressure level. Similarly to the gas cooler, the
SWEP brazed plate-type heat exchanger was used to absorb the heat from the secondary loop for
different application. The additional separator was installed outside the evaporator to accumulate
the liquid flow that can be entrained by the ejector, which let to utilise the evaporator in a flooded
mode and avoid any liquid droplet in the compressor suction port. Finally, the ejector was installed
with the defined space for installation of the PIV instruments. The Swagelok type connectors were
selected to easily integrate the various manufactured ejector as well as different expansion devices
such as the capillary tube.
The heat transfer in the gas cooler and the evaporator was controlled by installation of the
secondary loops in the proposed test rig, which was shown in Fig. 2. The secondary fluid was
defined as a mixture of water with glycol at specific concentration. The auxiliary loops were divided
into the heat absorption from the R744 flow in the gas cooler and heat rejection from the R744 flow
in the evaporator. Both loops consisted of the pump connected to the inverter and the glycol tank.
Moreover, the additional internal heat exchanger was used to minimise the total power
consumption of the test rig. Finally, the dry cooler was located at the building wall to reject heat into
the air outside from the laboratory.
Fig. 3 presents the design concept of the R744 two-phase ejector for the flow visualisation
experiments based on the PIV method. The designed shape was defined similarly to the ejector
used for the previously performed heat transfer analysis (Haida et al., 2018). The assembly
consisted of four parts: motive nozzle made of stainless steel, suction nozzle made of brass,
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transparent mixing section and diffuser part again from brass. The borosilicate glass was used to
visualise flow inside the ejector due to the optical clarity. The rectangular cross-section of the mixer
part outer walls was designed to avoid any deformation of the laser beams on curved external
surfaces. The inner wall surface of the mixer part was defined as a axisymmetric to evaluate
mixing process in real ejector shape. The laser source was set on the top to emit laser sheet along
the ejector axis and the speed camera was located to record snapshots perpendicularly to the
laser source.

Figure 2: The P&ID diagram of the auxiliary loops

Figure 3: The R744 ejector with transparent mixing section during flow visualisation

3. FIRST LAW ANALYSIS OF THE R744 VAPOUR COMPRESSION TEST RIG
The proposed R744 vapour compression test rig for flow visualisation inside the ejector was
defined to perform test campaign in the subcritical conditions with different sub-cooling degree and
transcritical conditions at various outlet gas cooler pressure and temperature. Moreover, different
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evaporation temperature as well as the superheat degree was considered during experiments.
Therefore, the information about the system energy performance as well as ejector performance let
to evaluate the COP improvement of the test rig working with the aforementioned ejector when
compared to the reference booster mode. The first law analysis was done by use of the
OpenModelica software due to the possibility of dynamic simulations performance based on the
object-oriented modelling (Richter, 2008). The investigation was performed to define the system
COP of the cooling mode calculated as follows:
𝐶𝑂𝑃 =

!!"#$
!!"#$

=

!!"#$ !! !!!"
!!"#$ !! !!!

Eq. (1)

where 𝑄!"#$ is the evaporation heat rate in kW, 𝑊!"#$ is the power consumption, 𝑚 is the mass
flow rate in kg/s, and ℎ is the specific enthalpy in kJ/kg. The COP improvement was defined as
follows:
𝐶𝑂𝑃!"#$%&'"'() =

!"#!"!#$%&
!"#!""#$%&

−1

Eq. (2)

Each component of the proposed test rig was defined based on the datasheet and information
given by the manufactures. The fluid properties of R744 were given from CoolProp libraries (Bell et
al., 2014). The two-phase ejector was simulated based on the hybrid ROM, which was
implemented to the OpenModelica software as the external C-code function. The developed
object-oriented model of the R744 two-phase ejector based on the hybrid ROM allowed for the
evaluation of the designed two-phase ejector at very high accuracy in steady-state conditions or in
transient simulations. Moreover, the application range of the hybrid ROM was defined for the R744
HVAC&R integrated system, which covered operating conditions considered in this investigation.
The ejector performance of the R744 two-phase ejector was calculated based on the
thermodynamic definition proposed in (Elbel and Hrnjak, 2008):
𝜂!" =

!!"#$
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∙
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Eq. (3)

where s is the specific entropy in J/(kg∙K), and subscripts “MN” and “SN “defined the motive nozzle
and the suction nozzle. The R744 test rig was controlled by set of the outlet gas cooler parameters,
pressure level in the liquid receiver and evaporation temperature with the defined superheat. The
gas cooler conditions were set according to the approximation curve in terms of the ambient
temperature defined for supermarket system (Gullo et al., 2017). The pressure level in the liquid
receiver was set to 40 bar and the evaporation temperature was varied between 2°C and 6°C with
the superheat degree of 10 K.

4. RESULTS
Fig. 5 presents a comparison of COP between the R744 vapour compression test rig equipped
with the ejector and test rig working as a reference booster system. Moreover, the analysis was
done for different gas cooler pressure range from approximately 65 bar to over 100 bar that was
related to the different climate zones. It was found that running the test rig at both operating
modes, COP decreased from approximately 4.8 to 2.5 during increase of the gas cooler pressure.
The ejector-based system obtained higher COP when compared to the booster system for all
investigated points. Therefore, the utilisation of the ejector let to reduce the total power
consumption and improve the energy performance of the system.
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Figure 5: COP of the R744 vapour compression test rig at different operating mode in terms of the
gas cooler pressure

The comparison between the two operating modes of the R744 vapour compression test rig
confirmed improvement of the system energy performance as a result of the designed two-phase
ejector. Fig. 6 presents the ejector efficiency of the designed ejector and the COP improvement of
the ejector-based system in terms of the gas cooler pressure from over 60 bar up to approximately
100 bar. At transcritical conditions, the ejector reached efficiency of approximately 0.3, which
resulted on the highest COP improvement. The ejector efficiency significantly dropped close to the
critical point and in the subcritical conditions due to the fixed pressure difference between the
outlet and the suction port. The COP improvement was varied from 5% up to approximately 11%
for the gas cooler pressure above 65 bar. The smallest COP improvement was obtained for gas
cooler pressure of approximately 62 bar due to the small value of the ejector efficiency. The
highest COP improvement was obtained for the best ejector efficiency of approximately 30%.
Therefore, the possibility to increase the efficiency of the ejector work improved the system energy
performance. In other hand, the evaluation of the sub-cooling degree of the gas cooler section as
well as the defined superheating would increase the COP value of the R744 refrigeration system
equipped with the designed ejector.

Figure 7: The ejector efficiency and COP improvement of the ejector-based system in terms of the
gas cooler pressure
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5. CONCLUSIONS
The R744 vapour compression test rig for the two-phase flow visualisation inside the ejector was
proposed. The R744 circuit and auxiliary loops were designed for the ejector work evaluation at
different cooling capacity and ambient conditions from subcritical conditions to transcritical
conditions. The R744 two-phase ejector was designed for the flow visualisation in the mixing
section based on the PIV method. The first law analysis was performed based on the objectoriented modelling in OpenModelica software. Moreover, the ejector hybrid ROM was implemented
to evaluate ejector performance at high accuracy. The COP improvement was obtained for all the
investigated points at different gas cooler conditions due to the ejector utilisation at high efficiency.
However, the searching of the proper operating conditions let to improve COP of the system,
especially by modifying the liquid receiver pressure and sub-cooling degree in the gas cooler.
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ABSTRACT
In the present study, condensation and evaporation local heat transfer coefficients and pressure
drop of the pure and binary-mixture HFO refrigerants inside a brazed plate heat exchanger were
investigated by using a test section which is combined with two grooved stainless steel plates. In the
test section, wall temperature distribution was measured for local heat transfer coefficient. In order
to measure local heat transfer and temperature distribution, five thermocouples were set on flow
direction for each wall temperature measurement of the refrigerant side and heat source water side.
Local heat transfer coefficient were calculated from local wall temperature of refrigerant side,
saturation temperature and local heat flux obtained by temperature gradient between heat transfer
surface of refrigerant side and heat source side.
Keywords: Condensation, Evaporation, Plate Heat Exchanger.

1. INTRODUCTION
In the technical field of refrigeration and air-conditioning, plate heat exchangers are getting attention
due to their compactness and high thermal efficiency. Although these were mainly designed for liquid
single-phase heat exchanger, its application was extended to two phase heat exchangers such as
condensers and evaporators. Condensation and evaporation heat transfer coefficients in plate heat
exchangers have been studied by many researchers. Most of the existing literatures discussed
mainly overall heat transfer characteristics (Longo et al., 2010, Yan et al., 1999). Some recent
studies are described about local heat transfer characteristics. For example, Shikichi et al. (2018),
Jin and Hrnjak (2017) investigated heat transfer characteristics by both observation using IR camera
and heat transfer experiment. However, local heat transfer behavior has not been clarified
sufficiently. Because of the effects on global warming by the refrigerants used in the present heat
pump/refrigeration systems, new synthetic refrigerants, hydrofluoroolefins (HFOs), which have low
global warming potential (GWP) are recently getting attention as next generation refrigerants (Miyara
et al., 2012; Kariya et al., 2016; Zhang et al., 2017). Many of HFOs has low flammability and
expensive. Therefore, systems in which small amount of refrigerant is charged are required. When
the plate heat exchangers are used as evaporator and/or condenser, maldistribution of refrigerant
flow occurs in channels between the plates and headers to distribute it to the channels. This
maldistribution deteriorates the heat exchanger performance. And local heat transfer coefficient may
vary at flow direction and width direction in plate heat exchangers. It is important to investigate flow
characteristics for understanding the heat transfer characteristic and for enhancing the heat transfer.
Void fraction distributions in the plate heat exchanger were also measured. Arima et al. (2012)
carried out flow observations and void fraction measurements on evaporation of ammonia flowing in
parallel plates instead of an actual channel of plate heat exchangers. Experiments on condensation
and evaporation heat transfer of low GWP refrigerants, R1234yf, in a plate heat exchanger have
been carried out by Longo et al. (2012). Heat transfer coefficients and pressure drops in the
condensation and evaporation of R1234ze(E) and R1234yf were measured and effects of saturation
temperature, refrigerant mass flux and vapour super-heating are discussed. The data have been
obtained from overall heat transfer performance and there is no sufficient discussion about local heat
transfer characteristics. The local heat transfer coefficient varies not only flow direction but also width
direction by gas-liquid distribution. In order to further understand the heat transfer characteristics,
information about the local heat transfer is necessary. But measurements of local wall temperatures
and heat fluxes are difficult because of the complicated structure of the PHE. In the present study, a

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1644

specially designed test section has been constructed for the measurement of local heat transfer
coefficient. Experiments on condensation and evaporation heat transfer of a low GWP refrigerant,
pure refrigerant R32 and binary mixture R1123/R32 40:60 mass% were carried out and local heat
transfer characteristics were discussed.

2. EXPERIMENTAL APPARATUS AND DATA REDUCTION
2.1.

Refrigerant Flow Loop

Fig. 1 shows experimental flow loop of refrigerant. The apparatus is same as our previous study
(Kariya et al., 2018). It mainly consists of magnet pump, pre-heater, test section and after condenser.
After the refrigerant flows from magnet pump, mass flow rate is measured by Coriolis flow meter.
Then the refrigerant is heated by the pre-heater to set a designated enthalpy condition at the inlet of
test section. After the refrigerant flows out through the test section, it is cooled by the after condenser
to keep a certain sub-cooling. And the subcooled liquid comes back to the magnet pump. Mixing
chambers are installed at inlet of the pre-heater and inlet and outlet of the test section to obtain the
bulk enthalpy from measured refrigerant pressure and temperature at the mixing chamber. The
refrigerant is heated or cooled by water of which temperature is controlled by thermostatic bath. The
flow rate of refrigerant is controlled by the flow control valve and the rotation speed of magnet pump
and needle valve set after the magnet pump.
2.2.
Test Section
For the measurement of local heat transfer characteristics of plate heat exchanger, a specially
designed test section has been produced same as our previous study (Kariya et al., 2016). Fig. 2
shows the schematic of test section and the installed points of thermocouples with the photograph.
Chevron shape grooved are dug over a stainless steel plate of which length, width and thickness are
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TC

FM

TC

Coriolis
effect flow meter

Pump

Filter

G.C

Figure 1: Refrigerant loop.

186 mm, 84 mm and 5 mm, respectively. The pitch and depth are 5.6 mm and 1.5 mm, respectively.
A channel of the plate heat exchanger where the refrigerant flows is constructed by facing two
grooved plats. Next of the grooved plates, flat plates are set to measure heat flux. Plates for the
water channel are set outside of the flat plates. Whole of the test section is constructed with eight
different kinds of plates which are brazed each other. The chevron directions of each plates which
make a refrigerant flow channel are reversely assembled so that heat transfer enhance. The flat
plates with 10mm in thickness have holes of 1.6mm in diameter on both sides where wire T-type
thermocouples are installed and temperatures are measured. Positions of the temperature
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measurement are set at 4, 12, 20, 28, 36, 44, 52, 60 and 64 mm from end face of the cross section
of the channel. Position of the inlet and outlet of refrigerant are 20 mm. Temperatures of local heat
transfer surface at refrigerant and water sides are estimated from the measured temperature as
explained later. The temperatures are also used to calculate the heat flux and heat transfer
coefficient. The water channels consist of flat plates and the channel height is 5mm. Water flows into
the channels from both sides of the test section, front and back. It should be noted, surface which
have the inlet/outlet ports of refrigerant is called as inlet side and another side is call as opposite
side. In addition, the centre region is set for temperature measurement between the inlet and the
opposite side, as shown in Fig. 2. The geometrical characteristics of the test section are listed in
Table 1.
Table 1. Geometrical characteristics of the test section

Fluid flow plate length (mm)
Plate width (mm)
Area of the plate (m 2)
Corrugation type
Angle of the corrugation ( ° )
Corrugation pitch (mm)
Number of plates
Number of channels on refrigerant side
Number of channels on water side
2.3.

117.5
64
0.75
Chevron
60
5.6
8
1
2

Data Reduction Method

By assuming the steady sate one-dimensional heat conduction, the local heat flux qx (kW.m -2) in test
section can be calculated from the temperatures measured at both sides of 10mm thick flat plates
as below:
qx =

Tw,ref − Tw,water
l1



Eq. (1)

Where Tw,ref, (K) is temperature of measurement place of refrigerant side, Tw, water (K) is temperature
of measurement place of water side, l1 (m) is distance between each K-type thermocouples, λ (kw.m 1 -1
.K ) is the thermal conductivity of the stainless steel plate. Wall surface temperature of refrigerant
side is calculated with the following equation where the linear temperature distribution is assumed
and the temperature is extrapolated to the representative of surface of refrigerant side. l2 (m) in the
equation is the distance between the K-type thermocouple and the average surface of the refrigerant
side:
q x l2

Eq. (2)

The plus-minus sign means the plus for condensation experiment, and the minus for evaporation
experiment.
The local heat transfer coefficient, hx (kW.m -2) is defined with the following equation:
qx
hx =
Eq. (3)
Twall , x − Tsat
Twall , x = Tw.ref 

Where Tsat (K) is the saturation temperature of refrigerant which is calculated from measured
pressure. In the experiment of binary mixture refrigerant, the local thermodynamic equivalent quality
x and saturation temperature (boiling point) Tsat (K) in the plate channel are varying along the flow
channel depending on the composition of refrigerants in each gas and liquid phase. Quality and
saturation temperature can be obtained from mass balance of low-boiling point component Eq. (5)
and correlation of saturation temperature obtained by thermodynamic properties measurement
(Higashi and Akasaka, 2016) as below:
x=

mV
m
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wb
w

1 + x  V − 1
 wL

Tsat = f ( wL , P)

Eq. (5)

wL =

Eq. (6)

Where wL, wV, wb indicate liquid, vapour and bulk mass concentration, respectively. Finally, the local
 and the heat transfer rate
specific enthalpy in the test section is calculated from mass flow rate m
from the inlet to a certain point which is obtained by integrating the heat flux, as expressed with the
following equation(7).
ix = iin +

1

m



Ax

0

Eq. (7)

qdA

Frictional pressure drop pf (kPa) of the test section is calculated by measured pressure drop in the
adiabatic condition pexp (kPa) and pressure drop due a change in elevation between inlet and outlet
of the test section pg (kPa) using following equation (8).

p f = pexp  pg

Eq. (8)

3. RESULTS AND DISCUSSION
3.1.
Experimental Conditions
Table 1 shows conditions of heat transfer experiment. Refrigerant tested is R1123/R32 40/60
mass % binary mixture which is one of the promising candidates of the next generation refrigerants
and has the low GWP. Pure R32 measurement was also conducted for comparison with the binary
mixture. Flow direction of the refrigerant is the downward for condensation test and the upward for
evaporation test. Saturated temperature are 20 °C and 10 °C for condensation and evaporation tests,
respectively. Mass flux conditions are 10 and 20 (kg.m -2.s-1) in both experiments. In the case of mass
flux 10 (kg.m -2.s-1) conditions for both condensation and evaporation experiment, temperature of
cooling water (heat source at the test section) is controlled in order that the refrigerant flows into the
test section as nearly saturated vapor (condensation) or liquid (evaporation) state and flows out as
nearly saturated liquid (condensation) or vapor (evaporation). In the condition of mass flux 20 (kg.m 2 -1
.s ), both condensation and evaporation experiment are carried out in two inlet conditions in order
to measure large quality region. In the condensation and evaporation experiment, inlet conditions
are nearly saturated vapor (condensation) or saturated liquid (condensation) and x = 0.5
(condensation and evaporation) with the same heat flux condition of mass flux 10 (kg.m -2.s-1).
Table 2 shows experimental conditions of pressure drop. Pressure drop is measured both upward
and downward flow at adiabatic conditions in saturation temperature 30 °C and mass velocity 10, 20,
50, 100 and 150 (kg.m -2.s-1) using pure R32.
Table 1. Experimental conditions of heat transfer experiment

Refrigerant

Flow
direction

Tsat (°C)

G
(kg.m -2.s-1)

Condensation

Pure R32
R1123/R32 40/60 mass% mixture

Downward

20

10 and 20

Evaporation

Pure R32
R1123/R32 40/60 mass% mixture

Upward

10

10 and 20

Table 2. Experimental conditions of pressure drop experiment

Adiabatic

Refrigerant

Flow direction

Tsat (°C)

G (kg.m -2.s-1)

Pure R32

Downward and upward

30

10 - 150

3.2.
Local Heat Transfer Characteristics
Figs. 3 (a) and (b) show local heat transfer coefficient distribution in the case of the binary mixture
of the evaporation experiment at x = 0.11, 0.62 with mass flux G = 10 (kg.m -2.s-1), respectively. Fig.
3 (c) and (d) respectively shows the results of pure R32 at x=0.14 and 0.50 with mass flux 10. Pure
R32 data are re-measured from our previous study (Kariya et al., 2018). As shown in figures, the
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position indicating maximum value of heat transfer coefficient is about 20 mm due to the inlet
refrigerant effect and heat transfer coefficient represent the minimum value at the end face of the
channel. Compared with binary mixture and pure refrigerant, heat transfer coefficients of pure R32
are higher than that of binary mixture at any quality conditions.
Figs. 4 (a) and (b) show local heat transfer coefficient distribution in the case of the binary mixture
of the condensation experiment at x = 0.93, 0.57 with mass flux G = 10 (kg.m -2.s-1), respectively.
Figs. 4 (c) and (d) respectively show the results of pure R32 at x=0.92 and 0.41 with mass flux 10.
Pure R32 condensation data are also re-measured from our previous study (Kariya et al., 2018). It
is also found that local condensation heat transfer coefficient at 20 mm is the highest due to the inlet
effect at any conditions and. Compared with the results of the mixture and pure refrigerants,
condensation heat transfer coefficient indicate almost same value.
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(a) Mixture, x = 0.11

(c) Pure R32, x = 0.14

(b) Mixture, x = 0.62

(d) Pure R32, x = 0.50

Figure 3 Local heat transfer coefficient (evaporation).

(a) Mixture, x = 0.93

(c) Pure R32, x = 0.92

(b) Mixture, x = 0.57

(d) Pure R32, x = 0.41

Figure 4 Local heat transfer coefficient (condensation).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1649

3.3.
Pressure Drop
Fig. 5 shows frictional pressure drop of test channel. At mass velocity higher than 50 (kg.m -2.s-1)
conditions, frictional pressure drop increases with increasing quality as recognized. However, at
mass velocity lower than 20 kg/m 2s, frictional pressure drop decreases with increasing quality both
upward and downward condition. At low mass flux condition, flow pattern is not homogeneous
according to observation of flow inside plate heat exchanger (Kariya et al., 2018). Relationship
between flow pattern and frictional pressure drop in a plate heat exchanger channels should be
clarified in future.

Pf [kPa]

100

Upward flow Downward flow
2
G=150
G=150 kg/(m ·s)
G=100
G=100
G=50
G=50
G=20
G=20
G=10
G=10

10
1
0.1
0 0.2 0.4 0.6 0.8 1
quality[-]

Figure 5 Frictional pressure drop of upward and downward flow (adiabatic).

4. CONCLUSIONS
In order to obtain local heat transfer coefficient during condensation and evaporation of pure and
binary mixture in a plate heat exchanger, a special test section has been produced where the channel
is formed with two stainless steel plate having chevron grooves. Experiments on condensation and
evaporation of R1123/R32 40/60 mass% binary mixture and pure R32 have been carried out and
frictional pressure drop also measured in the test section. The following results were obtained:
(1) In evaporation experiment, local heat transfer coefficient indicates maximum value near
refrigerants inlet position and minimum value at end face position of cross section of the channel.
(2) Values of evaporation heat transfer coefficient of R1123/R32 binary mixture are lower than that
of pure R32.
(3) In condensation experiment, local heat transfer coefficient indicates maximum value near
refrigerants inlet position and minimum value at end face position of cross section of the channel.
(4) Values of condensation heat transfer coefficient of R1123/R32 binary mixture are similar to that
of pure R32.
(5) Frictional pressure drop of pure R32 in the test plates increases with increasing quality at mass
velocity higher than 50 (kg.m -2.s-1).
(6) Frictional pressure drop of pure R32 in the test plates decreases with increasing quality at mass
velocity lower than 20 (kg.m -2.s-1).
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ABSTRACT
Uniform distribution of liquid film on horizontal tubes influences falling film heat and mass transfer
efficiency. Droplets spreading and horizontal motions at tube bottoms directly influence liquid
distribution on the next row. This paper studies Lithium bromide aqueous solution droplets
spreading and horizontal motions on horizontal tubes. A vacuum experimental section is built.
The tube diameters and spacing are 16mm. The liquid spray density is 0.05~0.10 kg·m-1·s-1.
Droplets horizontal motions are caused by disturbance at tube bottom, which includes different
falling film times of adjacent droplets, uneven tube roughness, or non-uniform velocity distribution
in the falling film regime. The horizontal motion distance of pre-wetting tubes are larger than that
of no pre-wetting tubes. When the orifice spacing is 1.5cm, droplets horizontal motion distance
on a 16mm diameter smoother copper tube is 0.45-0.83cm under liquid spray density of 0.050.10 kg·m-1·s-1, and it decreases when liquid spray density rises.
Keywords: Enhancement, Falling film, Heat Transfer, Horizontal Cylinder.

1. INTRODUCTION
Falling film is widely applied in heat and mass transfer processes, especially in absorption heat
pumps and absorption heat exchangers (Yung et al., 1980; Parken et al, 1990; Ribatski et al.,
2005). Liquid distribution of falling film directly influences heat and mass transfer processes. Two
liquid distribution phenomena are discovered in falling film on horizontal tube bundles: one is dry
spots on the liquid film, and the other is the droplets horizontal motions at horizontal tube bottoms.
Fig.1 and Fig.2 show pictures of the two phenomena. Dry spots reduces efficient heat and mass
transfer areas, while horizontal motions at tube bottoms lead to redistribution of droplets on the
next row. These two flow phenomena directly affect the effective heat and mass transfer
processes of liquid film on horizontal tubes.

Figure 1: Dry spots during falling film
absorption

Figure 2: Horizontal motions of LiBr-H2O
droplets
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Researches on liquid distribution on horizontal tubes have been focusing mostly on flow transition
of falling film (droplets, jets and sheets), droplets formation and spreading on horizontal tubes.
Depending on different Re numbers, falling flow regime is divided into droplets, jets, and sheets
(Mitrovic, 1995), as shown in Fig. 3. Hu and Jacobi (1996,1998) described the transitions between
falling film modes in terms of competing flow mechanisms: the sheet mode is dominated by gravity,
while the droplet mode is dominated by gravity or surface-tension. In the droplet and jet modes,
the liquid falls from the tube bottom at different sites, and distances between adjacent are the
same, λ, which is named as the “departure site spacing”. The departure site spacing is related to
the Taylor instability, and the equations are given in related to the liquid density, surface tension,
and local gravity acceleration. Following researches focus on the improvement of the wavelengths
equations (Lienhard et al., 1964; Bellman et al., 1953). Falling film experiments results were
compared with solution results to confirm the accuracy of formulas (Wang and Jacobi, 2014).

Figure 3: Falling film regimes (a, b, c, d represent the droplet mode, the jet mode, the sheet mode,
and the front view of falling film)

Droplets spreading on flat plats and horizontal tubes is a widely discussed problem in liquid flow
researches. Subramaniam and Garimella (2009) and Wang (2010) conducted researches on
droplets spreading on horizontal tubes. Saddle-shaped ripples were observed during droplet
spreading. A circumferential liquid ring with fixed axes will appear when two saddle waves meet
on the tube (Subramaniam, 2013). When the propagation width is larger than the distance
between droplets, adjacent saddle-shaped liquid film merge with each other (Jeong and Garimella,
2015; Wang, 2010).
Droplets formation at tube bottoms are related to Reynold instability, and gravity and surface
tension act together. Gravity is the main driving force for droplets formation. The gravitational
potential energy of satellite droplets is partly transformed into elastic potential energy to stretch
the liquid column. When droplets fall off, the upper part of the liquid column will rebound back to
the tube bottom, and wait for the next droplet (Wang, 2007).
Killion and Garimella (2003) described for the first time the phenomenon of droplets horizontal
motions at tube bottoms, as shown in Fig. 4. Wang (2010) believed the droplets horizontal motions
are caused by the transportation of unstable waves in the liquid film, and the new departure site
spacing between two adjacent droplets would no longer agree with the wave length under stable
conditions.
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Figure 4: Droplets horizontal motions at tube bottoms

Above all, researches on falling film flow have been focusing on falling film regimes, droplets
formation and spreading, and observations of horizontal motions. There are little research
focusing on the principle of falling film, and principle of droplets horizontal motions at tube bottoms.
This paper is going to study the liquid spreading and horizontal motions of aqueous Lithium
Bromide solution on falling film horizontal tube bundles. Experiments are carried out on a vacuum
test bench. Falling film experiments are conducted to observe droplets spreading and horizontal
motions, and to investigate the principle of droplets spreading, and horizontal motions.

2. METHODS
2.1.

Falling Film Experiments

Fig. 5 shows the vacuum absorption-evaporation experiment section. The experiment section is
built to reproduce the phenomena of droplet spreading and horizontal motions. In the absorber,
the LiBr aqueous solution flows through an orifice plate liquid dispenser, and falls on the first row
of the horizontal tube bundle. Both the liquid dispenser and the tube bundles in the absorber are
replaceable so that orifice diameters, orifice spacing, tube diameters and tube spacing are
changeable. Sight windows are set to observe phenomenon of falling film flow and liquid level in
the liquid dispenser. Solution and refrigerant water temperatures inside the section are measured
by T type thermocouples. Thermocouples in the vacuum section are connected to an aviation
connector, so that the temperature data inside the section can be collected by a data collector. A
pressure sensor (0-200torr) is set in the evaporator to measure evaporation pressure during the
experiment. Fig.6 shows the vacuum experiment system. The system is based on a massive
vacuum test bench. The test bench provides adequate solution, maintains solution temperature,
and keeps perfect vacuity inside the experimental section.

Figure 5: Vacuum experiment section: absorption-evaporation
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Figure 6: The vacuum experiment system

The falling flow experiments are conducted using smooth copper tubes. The diameter of the holes
in the orifice is 1.5 mm. A tube bundle with four vertical rows is placed under the orifice. Test
tubes are 16×1 mm in diameter and thickness, and the tube length is 30 cm, and the spacing
between tubes is 16 mm. Images and films of horizontal motions of droplets are collected by a high
speed camera. Falling film experiments on droplets horizontal motions include influence of tube prewetting, liquid spray density, and solution surface tension. During the experiment on the influence of
tube pre-wetting, the tube is firstly covered with solution before the falling film experiments.
2.2.

Falling Film Phenomena

2.2.1. Droplets spreading on horizontal tubes
Fig. 7 shows spreading shapes of LiBr solution on cooper tubes and steel tubes. The falling film flow
rate are shown in Table 1. For the spreading process of droplets, the droplets spread axially on the
top of the tube and flow downward the tube. The wetting area is larger on the top of the tube than
the bottom. Finally, the droplets form at the bottom of the horizontal tube and fall to the next row.
Since the wetting shape of droplet spreading are similar, the spreading width of droplets on top of
horizontal tubes are used to represent spreading areas of droplets. Table 1 presents the
experimental conditions during the experiment. The spreading width are calculated using image
processing tool.

Figure 7: Droplets spreading on a copper tube and a steel tube
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Flow rate
(kg·h-1)

Table 1. Experimental conditions of copper tube experiment

Tube length
(m)

Liquid spray
density

Re

Ga0.25

Flow
mode

41.51

157.0

Droplets

(kg·m-1·s-1)
75.36

0.3

0.07

2.2.2. Droplets horizontal motions
Fig. 8 shows pictures of the process of a droplet horizontal motion at tube bottom before it jumps off
to the next tube row. When focused on the first tube row, the horizontal motion of a single droplet is
described clearly. Firstly, the droplet forms from a breaking liquid bridge. After the bridge breaks, the
droplet jumps off to the next tube. At this time, the residual liquid at tube bottom is not enough to
produce another droplet immediately, and the waves at the tube bottom push the next droplet to form
at another site near the first droplet. There is a horizontal distance between the two continuous
droplets jumping off sites. This process lasts less than one second, and is very hard to recognize
with naked eyes. It is so fast that it seems to be a “horizontal motion” of droplets.

Figure 8: Droplets horizontal motions

Therefore, the definition of horizontal motion distance is explained in Eq. (1):

d hm  xt(i)  xt(i 1)

Eq. (1)

where dhm is the horizontal motion distance in cm, t(i) is the droplet jumping off time, and x is the
droplet jumping off site at the tube bottom in cm.
The droplets horizontal motion distances are measured on the first row of the tube bundle. In
order to analyse the principle of droplet horizontal motions, experiments are conducted on single
droplets and fully wetted falling film. For single droplets, no horizontal motion is observed at the first
tube bottom. As for fully wetted film, droplets horizontal motions are observed at the first tube bottom.
During the observation, waves caused by disturbance in the falling film process are also essential
prerequisites of droplets horizontal motions. The disturbance includes different falling film times of
adjacent droplets, uneven tube roughness, or non-uniform velocity distribution in the falling film
regime. The disturbance influences film waves at tube bottoms, and changes the liquid amount of
different sites at the tube bottom. Therefore, droplets jump off the tube bottom at different times and
different sites.
2.3.

Discussion

2.3.1. Droplets spreading
Fig. 9 shows droplets spreading widths on different horizontal rows. The spreading widths of the
lower rows are generally wider than those of upper rows. However, as the solution goes down
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Spreading width(cm）

several rows, spreading lengths tend to be stable. It turns out that under the experiment conditions,
in which the tube diameter and tube spacing are 16mm, row numbers would limit the spreading
of the liquid film. The droplets spreading limit leads to the dry spots on the tube bundle. In order
to find a higher wetting ratio, it is important to find out a best row number for a tube bundle.
30

1st row

25

2nd row

20

3rd row

15

4th row

10
5
0

0

20

40

60 80 100 120 140 160 180
Flow rate (kg·h-1)

Figure 9: Total spreading width droplets on different rows

2.3.2. Droplets horizontal motions
Fig. 10 shows droplet horizontal motions on pre-wetting copper cubes and no pre-wetting tubes.
The horizontal motion distances of pre-wetting tubes are larger than that of no pre-wetting tubes.
The horizontal motion distances are on the same magnitude of droplet departure site spacing.
Fig. 11 shows droplet horizontal motion distances under different liquid spray densities. As
solution mass flow rate rises, liquid spray density rises, and droplet horizontal motion distances
decrease. This trend is relatively easy to explain that as flow rate rises, Re number rises, and
falling film regime tends to transfer to jets mode. In the jets mode, gravity dominates the falling
film regime, and there are seldom any horizontal motions.
2.4

No pre-wetting-horizontal motion distance
Pre-wetted-horizontal motion distance
Departure site spacing

Distance(cm)

2.1
1.8
1.5

1.2
0.9
0.6
0.3
0

0

0.02

0.04 0.06 0.08 0.1 0.12 0.14
Liquid spray density(kg·m-1·s-1)

0.16

Figure 10: Horizontal motion distances with pre-wetting and no pre-wetting tubes
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Average horizontal motion distance
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Figure 11: Horizontal motion distances under different liquid spray densities
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Distance(cm)

Figs. 12 and 13 show droplets horizontal motion distances of two liquid spray density ranges
under different surface tension. Under spray density around 0.050-0.0.057 kg·m-1·s-1, the falling
film is in droplet mode, and horizontal motion distances varies with surface tension. Under spray
density around 0.095-0.100 kg·m-1·s-1, the falling film is in jets mode, and the horizontal motion
distances seldom changes with surface tension. Fig. 14 shows pictures of horizontal motions
under the two spray density ranges. The frequency of horizontal motions decreases with the rise
of liquid spray density.
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Figure12: Horizontal motion distances under
spray density: 0.050-0.0.057 kg·m-1·s-1
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Figure13: Horizontal motions distance under
spray density: 0.095-0.100 kg·m-1·s-1

Figure14: Horizontal motions under different spray densities

3. CONCLUSIONS
Falling film LiBr flow experiments are conducted on droplets spreading and horizontal motions. The
conclusions are as follows:
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1) The spreading length of the lower row generally rises at the first several tube rows. However, the
spreading length tend to be stable on the rest rows;
2) Droplets horizontal motions are caused by disturbance at tube bottom, which includes different
falling film times of adjacent droplets, uneven tube roughness, or non-uniform velocity distribution
in the falling film regime;
3) Horizontal motion distances of pre-wetting tubes are larger than that of no pre-wetting tubes;
4) When the orifice spacing is 1.5cm, LiBr aqueous solution droplets horizontal motion distances
on a 16mm diameter smoother copper tube are 0.45-0.83cm under liquid spray density of 0.050.10 kg·m-1·s-1, and it decreases when liquid spray density rises;
Therefore, further researches are still necessary on influence of different tube and liquid distribution
characteristics on droplets horizontal motions. More data are needed for further researches on the
principle of droplets horizontal motions, and their effects on heat and mass transfer processes of
falling film horizontal tubes.
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NOMENCLATURE
dhm
t
p
Tw
Re

Horizontal motions distance (cm)
Droplet jumping off time (s)
pressure (kPa)
Water temperature (℃)
Reynolds number

x
i
ρ
Ts
Ga

Droplet jumping off site (cm)
Number of droplet
solution density (kg× m–3)
Solution temperature (℃)
Galileo number
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ABSTRACT
For the air source heat pump of R-410A, when the ambient temperature is low, the heating
performance of the two-stage compression system is not perfect. In this paper, the heating
performance coefficients of four three-stage compression heating cycles were theoretically deduced
and analyzed, and the experimental prototype of the three-stage compression heat pump system
was constructed to compare the heating performance of the two-stage compression heat pump
system under the same working conditions. It was concluded that for these four three-stage
compression cycles the calculated coefficient of performance (COP) of the three-stage compression
with two flash tanks cycle is better than that of other three cycles. The experimental result shows
that the COP of the three-stage compression system was 0.5%~3% higher than that of the two-stage
compression system at the indoor temperature of 20℃ and the outdoor temperature of -20℃~7℃,
and comparing with the two-stage compression system, the three-stage compression system has no
obvious advantages.
Keywords: Air Source Heat Pump, Three-stage Compression, Low Ambient Temperature, COP.

1. INTRODUCTION
In recent years, air source heat pump units have received extensive attention due to their energyefficient features. However, conventional single-stage heat pump systems have problems such as
large compression ratio, excessive discharge temperature, low COP and difficulty in starting-up at
low temperature, which restricts their application in cold regions (Bertsch et al., 2008).
In order to solve the applicability and low COP of air source heat pump in cold climate, many scholars
have carried out many technical studies, such as scroll compressor vapor injection quasi-secondary
compression technology (Chen et al., 2010), two-stage vapor injection compression with the flash
tank technology(Xu et al., 2014; Huang et al.,2016), using a fuel heater to heat up the evaporator at
low outdoor temperature(Horiuchi N., 1997). Among them, the two-stage compression system is an
optimal solution for air source heat pump, but its COP is not perfect at low temperature. Therefore,
in order to further reduce the compression ratio and the power consumption of the compressor, and
improve the COP of the system, this paper proposed a three-stage compression cycle system. In
this paper, the COP of four three-stage compression heating cycles with different throttling patterns
were theoretically deduced and analyzed. Based on this, a prototype of a three-stage compression
heat pump system was constructed. The test compared the heating performance of the two-stage
compression system and the three-stage compression system under the same working conditions,
summarized the key influence factors and control methods of the three-stage compression system,
and provided a reference for studying of the three-stage compression air source heat pump system
at low-temperature.
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2. THEORETICAL ANALYSIS AND EXPERIMENTAL RESEARCH OF THREE - STAGE
COMPRESSION HEAT PUMP SYSTEM
2.1. Theoretical Derivation for Four Modes of Three-Stage Compression Heating Cycle
According to different throttling types, the three-stage compression heat pump system can be divided
into four cycling modes. The P-h diagrams of these four cycling modes are shown in Fig. 1,
respectively.

Cycle 1

Cycle 2

Cycle 3

Cycle 4

Figure 1: The P-h diagram for four cycles

In order to simplify the calculation, the following assumptions are made: under the same working
conditions, the four cycles have the same condensation pressure Pc and evaporation pressure Pe;
the flow pressure drop in the condenser, evaporator and tube is not considered; when the refrigerant
flows through the throttling device, there is no heat exchange with the external environment. So the
heating capacity Qc and the COP are calculated as:
Qc = mc  (h8 − h9 )

Eq. (1)

WLS = me  (h2 − h1 )

Eq. (2)

WMS = mM  (h5 − h4 )

Eq. (3)

WHS = mc  (h8 − h7 )

Eq. (4)

mc  h9 = (mc − mM )  h6 + mM  h11

Eq. (5)

mM  h12 = (mM − me )  h3 + me  h13

Eq. (6)
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COP =

(h8 − h9 )  (h11 − h6 )
(h9 − h6 )  (h11 − h3 )  (h2 − h1 ) + (h − h )  (h − h ) + (h − h )  (h − h )
9
6
5
4
11
6
8
7
(h13 − h3 )

Eq. (7)

Where mc, mM , me are the mass flow of the evaporator, middle-stage compressor and condenser
respectively, and WHS, WMS, WLS refers to the power consumption of the high-stage, middle-stage and
low-stage compressor respectively.
2.2. The Theory Calculation of Three-Stage Compression Heating Cycle
According to the above-mentioned energy balance relation and the thermodynamics parameter of
R-410A, the EES software is used to solve the corresponding mathematical models of the four
circulation modes. By changing the values of the two intermediate temperatures, the optimal COP
and its corresponding two optimal intermediate temperatures are obtained. Working conditions for
theory calculation are given in Table 1. The assumptions of calculation parameters are as follows:
the isentropic efficiency of the compressor is 0.7; the subcooling degree at the outlet of the
condenser and the superheating degree at the outlet of the evaporator are both 5℃; In each working
condition, the condensation temperature Tc is 45℃, and the evaporation temperature Te is 10 ℃
lower than the outdoor ambient temperature. Fig. 2 shows the variation of COP of four cycles with
different working conditions.
Table 1. Experiment and simulation condition

Dry bulb temperature (℃)
Wet bulb temperature (℃)
4.6

Outside room
-20, -15, -7
7
6

Cycle 1
Cycle 2
Cycle 3
Cycle 4

4.4

4.2
4.0
COP

Inside room
20
-

3.8
3.6
3.4

3.2
3.0
2.8
2.6

-20

-15

-7

7

Outdoor temperature/℃
Figure 2: Variation of COP with different conditions

Under the same working condition, the COP of cycle 4 is higher than that of the other three cycles,
which is 0.6 % ~ 0.7 %, 0.5 % ~ 0.7 % and 1.3 % ~ 3.5 % higher than that of cycle 1, cycle 2 and
cycle 3, respectively. Therefore, the three-stage compression with two flash tanks cycle 4 is selected
for subsequent tests.
2.3. The Theory Calculation Analysis for Three-Stage Compression with Two Flash Tanks
and Two-Stage Compression with Flash Tank Heat Pump System
Similarly, the EES software is also used to solve the heating performance for the two-stage
compression, and the COP comparison of the two cycles is shown in Fig. 3.
Under the same conditions, the COP of the three-stage compression with two flash tanks cycle is
1.62%-2.54% higher than that of the two-stage compression with flash tank system, and the relative
difference increases with the outdoor temperature decreasing.
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4.4
4.2

Three-stage compression heat pump system
Two-stage compression heat pump system

4.0

COP

3.8
3.6
3.4
3.2
3.0
2.8
2.6

-20

-15

-7

7

Outdoor temperature/℃
Figure 3: Variation of COP with different conditions between three-stage compression system and
two-stage compression system

2.4. Experimental Validation
The side outlet low-temperature air source multi-connected heat pump units using three-stage
compression with two flash tanks system and two-stage compression system with flash tank are
taken as examples to perform performance comparison analysis. In 16kW heating capacity, the
parameters of these two models are exactly the same, such as indoor and outdoor heat exchanger
(area, heat pipe size, fins, etc.) and circulating air volume, except the compressor and heat pump
cycle mode are different.
The test prototype of the three-stage compression with two flash tanks heat pump system was
constructed by connecting a single-stage compressor and a two-stage compressor in series, which
main configuration parameters is shown in Table 2. The system diagram is shown in Fig. 4a. And to
compare with two-stage compression system under the same working conditions (shown in Table
1), a test prototype of the two-stage compression heat pump system was constructed, and the
system diagram is shown in Fig. 4b.

(a)

(b)

Figure 4:Schematic diagram for two-stage compression with flash tank system and three-stage
compression with two flash tanks system
Table 2. Main configuration parameters of the test prototype

Item

Specification

Outdoor heat exchanger

Length × Height × Thickness: 1012 mm×1320 mm×38 mm
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Single-stage compressor

Cylinder volume: 51.8 cm 3
Low-stage cylinder volume: 51.8 cm 3

Two-stage compressor

High-stage cylinder volume: 31.6 cm 3

Electronic expansion valve

Seat: φ 3.2 mm

Refrigerant

R-410A

Through the experimental research, the key influence factors and control methods of the three-stage
compression system are mainly analyzed. The results are as follows:
① According to the theoretical calculation, it can be seen that the COP of the system is the highest
when the suction state of the two-stage and three-stage compressors is saturated, which is also
evident in the experiment. The superheat degree of the compressor suction should be reduced as
far as possible under the condition that the compressor suction does not contain liquid, so that the
discharge temperature of the compressor can be reduced and the COP of the system can be
improved.
② It is found through experimental research that the openings of the three electronic expansion
valves (EEV) have influence on the suction and discharge temperature of the compressor. The
opening of EEV2 has greatest influence on the tertiary discharge temperature. The tertiary discharge
temperature decreases, the heating capacity increases, and the COP increases with EEV2 opening
reducing. The opening of EEV1 mainly affects subcooling degree and the tertiary discharge
temperature. The subcooling degree and the tertiary discharge temperature decreases with EEV1
opening increasing. The opening of EEV3 mainly affects the suction and discharge temperature of
the first-stage compressor. The suction and discharge temperature decreases with EEV3 opening
increasing.
③ From the liquid level observation of the flash tank, the flash tank 2 is almost full of liquid under
all working conditions, but the flash tank 1 has no liquid. Due to the volumes of the two flash tanks
in the system are same, so we can deduce that the design of the flash tank volume may has some
problem, or the amount of refrigerant charge is not enough for the system. This result needs to be
further verified.
In this paper, the experimental results of the three-stage compression heat pump system and the
two-stage compression heat pump system are compared under different working conditions. The
heating capacity and COP results are respectively shown in Fig. 5 and Fig. 6.

Heating capacity/KW

17

Three-stage compression heat pump system
Two-stage compression heat pump system

16
15
14
13
12
-20

-15

-7

7

Outdoor temperature/℃
Figure 5 Variation of heating capacity with different conditions between three-stage compression
system and two-stage compression system

It can be seen from the Fig. 5 that the heating capacity of three-stage compression system is smaller
than that of two-stage compression system. And it can be seen from the Fig. 6 that the experimental
result is basically consistent with the theoretical calculation trend. Under the same working conditions
and heating capability, the energy efficiency value of the three-stage compression system is 0.5%~3%
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COP

higher than that of the two-stage compression system, which has some difference to the theoretical
calculation results. The main reason for this difference is the pressure loss of the two supplemental
solenoid valves in the system. Due to the structure of three-stage compression system is more
complex than that of the two-stage compression system, the long-term reliability of the three-stage
compression system is more difficult to guarantee, and the cost will be greatly increased. Therefore,
in terms of economy and reliability, when the ambient temperature above -20℃, the three-stage
compression system is not better than the two-stage compression system.
4.0
3.8
3.6
3.4
3.2
3.0
2.8
2.6
2.4
2.2
2.0
1.8
1.6

Three-stage compression heat pump system
Two-stage compression heat pump system

-20

-15

-7

7

Outdoor temperature/℃
Figure 6 Variation of COP with different conditions between three-stage compression system and
two-stage compression system

3. CONCLUSIONS
In this paper, the theoretical and experimental analyses of the three-stage and two-stage
compression system are carried out, and the conclusions can be summarized as follows:
(1) According to theoretical analysis for four three-stage compression cycles, the COP of the threestage compression with two flash tanks cycle is better than the other three cycles.
(2) The key factor affecting the heating performance of the three-stage compression system is the
control of the two middle temperatures and the suction superheat degree of the secondary and
tertiary compressors.
(3) The experimental result shows that the COP of the three-stage compression system is 0.5% to
3% higher than that of the two-stage compression heat pump system under the same working
conditions. But in terms of economy and reliability, when the ambient temperature is above -20℃,
the three-stage compression system is not better than two-stage compression system.

NOMENCLATURE
Q
h
m
COP

Heat(W)
Specific enthalpy (kJ×kg-1)
Mass flow rate (kg×s-1)
Coefficient of performance

Subscript
c
Condenser
e
Evaporator
HS
High compression stage
MS Middle compression stage
LS
Low compression stage
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ABSTRACT
In this paper, graphene/paraffin/EVA PCMs (GrPrE) was prepared by melting, blending and
ultrasonic dispersion method with a series of graphene mass fraction of 0.05%,0.1%,0.25%, and
0.5%. The physical properties of GrPrE were characterized by SEM, DSC, and Hot-Disk. The
experimental equipment of heat storage tester was built to test the thermal efficiency and
performance of GrPrE during the energy storage process. The result showed that the GrPrE had a
good performance in dispersion and stability. The temperature and latent heat of phase transition
had no significant change. The thermal conductivity increased with the increasing of graphene mass
fraction. In the thermal storage test, the heat transfer rate of the graphene-added materials was
faster than the unadded materials, the material which the proportion of graphene was 0.1% had the
best performance in the test. In summary, the composite can be a potential candidate for thermal
storage applications due to the good thermal properties and heat transfer performance.
Keywords: Energy Storage, Graphene, Phase Change Material, Thermal Analysis.

1. INTRODUCTION
The thermal energy storage is considered as a promising technology in many fields. But there are
still many problems and shortcomings in its application (Bhagat et al., 2018; Park et al., 2019). For
example, the widely used organic phase change materials(short for PCMs) have poor thermal
conductivity and high deformation degree during the phase transition(Sun et al., 2013). These
deficiencies restrict the application of PCMs in energy storage.
The nanomaterials, such as graphene, have excellent thermal physical properties (Huang et al.,
2015). The thermal conductivity of PCMs can be improved by adding nanomaterials. Li et al. (2017)
synthesized a composite PCMs with montmorillonite (OMMT)/paraffin/grafted multi-walled nanotube
(MWNT). The thermal properties of the materials were measured and the microstructure was
characterized. The thermal conductivity of the OMMT/paraffin/grafted MWNT composites was 65%
higher than paraffin wax. Low mass fraction of graphene oxide and paraffin wax composite were
prepared in order to improve thermo-physical properties (Dsilva Winfred Rufuss et al., 2017). The
results showed that the thermal conductivity stability of lower mass fraction P-GONP was higher than
pure paraffin wax. The phase transition temperature was similar to pure paraffin wax but the latent
heat of the composite decreased. In addition to carbon-based nanomaterials, some nano-metallic
materials can also be used for thermal conductivity enhancement of PCMs. The Nickel foam and
copper foam were both used as the composite in PCMs for comparison (Huang et al., 2017). The
result showed that the latent heat of the composite PCMs for the melting process decreased by 329%. And the metal foam composites have an improved thermal conductivity. Mishra et al. (2018)
used Al2O3, SiO2, and TiO2 as an addition to organic PCM, and the study showed that the nanoinclusion assisted thermal conductivity enhancement in a phenol-water system.
Besides the poor thermal conductivity, many solid-liquid PCMs also have leakage problem(Liu et al.,
2014). One of the solutions is to prepare the form-stabled PCMs and therefore the application range
of PCMs can be expanded. A cellulose gelling or thickening agent was introduced so that the PCMs
became form-stable and the nano-graphene platelets were doped to enhance the thermal
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properties(Saeed et al., 2018). Ramakrishnan et al. (2019) fabricated paraffin/EPO based formstable PCMs with various carbon additives. The results showed that all additives have a significant
enhancement in thermal conductivity and the graphene nanoplatelets lead to highest performance.
From the present researches, The graphene nanomaterials have a high thermal conductivity, which
can be mixed with the form-stable PCMs as additives (Mortazavi et al., 2017; Xiang et al., 2018).
While the studies mentioned above were mainly focused on the physical properties and thermal
conductivity, the thermal storage performance wasn’t covered. In this study, physically stripped
graphene was added into the paraffin/EVA composite. And the material characteristics and thermal
properties were studied and the thermal storage test was conducted.

2. EXPERIMENTAL
2.1. Materials
Paraffin was used as the PCM in the composite materials. The paraffin’s phase-transition
temperature was about 60°C (supplied by Suixin chemical co., Ltd, see A1). A physically stripped
graphene was used as the thermal enhancement material (supplied by Turing Evolutionary
Technology Co.Ltd.).The EVA’s melting temperature was 80°C (supplied by Yousuo chemical co.Ltd).
2.2. Preparation of Materials
The solid paraffin wax was melted at 80°C for 4 hours in an Electric Oven. And then a certain amount
of liquid paraffin was taken into a flask. A certain amount of CTAB and graphene were added into the
liquid paraffin. Afterward, this paraffin-graphene mixture (short for PG) was stirred in a magnetic
stirring. The PG was dispersed by an ultrasonic disperser at 80°C for an hour. Then the EVA was
added gradually into the PG and was stirred by the electric booster agitator at 120°C for three hours.
Ultrasonic dispersion was carried out again on the paraffin/EVA/ graphene (short for GrPrE) mixture
at 100°C for one hour. Finally, the mixture was molded in a mold. In this paper, four pieces of GrPrE
material were prepared by the above method, the mass fractions of graphene in which were 0.05 %,
0.1 %, 0.25%, and 0.5%.
2.3. Test and Characterization
The materials’ surface morphology was observed by a scanning electron microscopy (SEM, Scios.
FEI Co., Ltd), which was conducted with an accelerating voltage of 5kV. The material fracture surface
was prepared after being immersed in the liquid nitrogen and then treated by spray-gold. The phase
transition temperature and the latent heat of the composite material were measured by the DSC
method with heat flux DSC (DSC3, Mettler Toledo). The scanning temperature was range from 20℃
to 150°C in a nitrogen atmosphere. And the scanning rate of heating and cooling was 5°C/min. The
thermal conductivity of the composites was measured by the Hot-Disk (TPS2500s, Hot Disk) (Fig.
1), and the test ambient temperature was 40°C. The material will be tested from different directions
to reduce deviations. The thermal response curve was measured in a constant temperature water
bath (Fig. 2) and the temperature data was collected by a data accumulator (Agilent 34972A,
Keysight). The material temperature distribution during the heat storage process was tested by the
self-made instrument (Fig. 3). The measure points were located with different distance to the heat
source: 1cm, 2cm, 3cm and 4cm.
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Figure 1: Thermal conductivity tester (Hot Disk)

Temperature
measure point

Data logger

PrE/GrPrE

Thermostat
water bath

Figure 2: Schematic diagram of thermal response tester
Insulating
materials

data logger

PrE/GrPrE
temperature
measure point

·

temperature
measure point

thermostat water bath

Figure 3: Schematic diagram of temperature field tester

3. RESULTS AND DISCUSSIONS
3.1. Leak Rate of Different Ratio
The samples were wrapped in filter paper and sulfate paper and placed in a constant temperature
dryer for 3 hours. The filter and sulfate paper were used to absorb the leaked paraffin. The leakage
rates of different composite ratio were obtained by weighting the materials before and after heating.
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The results are shown in Table 1.
Table 1. The leakage rate of different composite ratios

Paraffin/EVA ratio
60% /40%
70% /30%
80% /20%
Leakage rate
0.08%
0.17%
1.2%
The results showed that the leakage rate increased with the increasing of paraffin ratio, which was
unfavorable to the stability of the composite. On the contrary, the higher the paraffin ratio was, the
more heat could be stored and released during the phase transition. When the ratio was 70%/30%,
the composite had a respectable paraffin content and a lower leakage rate. Therefore, this ratio was
chosen as the base proportion of further material synthesis.
3.2. Surface Topography
Fig. 4 shows the SEM surface topography of PrE and 0.1% GrPrE. It can be figured out from the
SEM pictures that the separation surface of the section contains more concave and convex in the
non-graphene composite. The paraffin was leaking at some places. The graphene-added composite
had less concave and convex, and better isotropy. It can also be seen from the results of the
characterization that graphene was uniformly dispersed in the composites.
a

b

c

d

Figure 4：SEM fracture surface topography of composite materials (a) PrE in 30 μm, (b) PrE in 200
μm, (c) 0.1% GrPrE in 30 μm, (d) 0.1% GrPrE in 200 μm

3.3. Phase Transition Characteristics
The DSC curve in Fig. 5 indicates that the phase change absorption peak of paraffin wax was about
60°C during the heating process. The phase change temperature of the composites had no
significant change after being added with graphene. And the latent heat of phase transition was also
slightly lower than that of the composites without graphene. From the result, it could also be seen
that the phase transition occurred at about 60°C and 75°C during the heating process while occurred
at about 52°C and 62°C in the cooling process, which indicated that the graphene could not reduce
the supercooling degree of the GrPrE. The heat absorption curve of the graphene-added composite
flattened out in the heating process.
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Figure 5: DSC curves of the composite materials

3.4. Thermal Conductivity
The curve in Fig. 6 shows that the thermal conductivity of the composites improved with the
increasing of graphene content. When the percentage of graphene reached 0.25%, the thermal
conductivity could be 0.28W/m·K. However, the thermal conductivity’s improvement gradually
decreased when the graphene content increased continuously. The possible reason may be the
uneven dispersion of graphene with a high mass fraction.
thermal conductivity (W/(m·K）)

0.29

0.28

0.27

0.26

thermal conductivity

0.25
0.0

0.2

0.4

0.6

Graphene content (%)

Figure 6: Thermal conductivity of composites with different graphene content

3.5. Thermal Response Test
After the test device was built, the heating surface of the material was placed in a thermostatic water
bath, and the internal temperature was measured by the T-type thermocouple. The test steps were
as below:
1. Connected the test instruments and heated the water bath to the set value.
2. The sample was heated in the water bath after the water temperature was stabilized. During the
heating process, the sample’s temperature variation was recorded by the data logger, and the
process ended after the sample’s temperature reached the set point.
3. The sample was cooled in a low-temperature thermostatic water bath, and the cooling process
was finished when the sample’s temperature reached the set point.
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The temperature response curve in Fig. 7 shows that compared with composites without graphene,
the temperature raising rate of the composites with graphene was improved greatly. Compared with
the PrE, the reduction amount of the heating duration of 0.05% GrPrE, 0.1% GrPrE and 0.25% GrPrE
were 570s, 1570s, and 1280s, respectively. It could be seen from the cooling process that the
temperature dropping rate of the graphene-added composites was much faster than non-graphene
composites. The reduction amount of the cooling duration of 0.05% GrPrE, 0.1% GrPrE and 0.25%
GrPrE were 1320s,1295s and 820s, respectively. Summarized from the whole process, the 0.1%
GrPrE had the shortest thermal response time.
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Figure 7: The curve of thermal response process (a) heating process (b) cooling process

3.6. Temperature Distribution in Thermal Storage Process
Fig. 8 shows that 0.25% GrPrE had the highest temperature in every measure point after heat
storage process was conducted for 10mins. The temperature of 0.1% GrPrE at 1cm was
approaching to the value of 0.25% GrPrE at 30mins and was higher at 1cm, 3cm, 4cm points after
60mins, which suggested that the 0.1% GrPrE had a faster thermal storage rate compared to higher
mass fraction graphene samples. Besides, the temperature of the 0.05% GrPrE at 1cm was
exceeded by the PrE from 60mins, which indicated the low mass fraction graphene had no obvious
enhancement on the thermal storage.
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Figure 8：The changes of temperature field in the process of thermal storage

4. CONCLUSIONS
Graphene modified paraffin/EVA PCMs were successfully prepared by melting, blending and
ultrasonic dispersion. The characterization results showed that the graphene was mixed uniformly in
the composite and had no significant effect on the thermal properties of phase transition. The thermal
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conductivity of graphene-added composites was significantly higher than non-graphene composite.
In the thermal response and storage test, the heat response and thermal storage rate of the
graphene-added materials were faster than that of the unadded materials, the 0.1% GrPrE had the
best performance in the test. In summary, the graphene-added composite can be a potential
candidate for thermal storage applications due to its good thermal properties and heat transfer
performance.
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Appendix
A1. Performance parameters of paraffin wax
Analysis project
Melting point, °C
Oil content, % (m/m)
Color
Needle penetration (25°C)
Impurities

Quality index
58-60
0.5
+28
18
None

Test method
GB/T2539
GB/T3554
GB/T3555
GB/T4985
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ABSTRACT
There is growing interest in substituting existing refrigerants with low global warming potential (GWP)
refrigerants, including naturally occurring fluids, to reduce the impact of human activities on climate
change. In this study we have evaluated prospective low-GWP refrigerants in four distinct heat pump
cycles using the First and Second laws of thermodynamics. The essence of the study is to establish
the performance of the low-GWP refrigerants when deployed in a heat pump system. Exergy
analysis provides a true measure of lost work, or systemic inefficiencies, vividly quantifying areas of
improvement and identifying the preferred cycle for a refrigerant. The combined knowledge of the
properties of the phase boundary on either side of the critical point (DOI:10.1.18462/iir.icr.2019.442),
and exergy analysis of prospective cycles is necessary for a better perspective on discriminating
among refrigerants as hydrochlorofluorocarbons are phased out and replacement refrigerants must
be found.
Keynotes: Propane, Refrigerants, Irreversibility, Energy Efficiency.

1. INTRODUCTION
In the context of reducing greenhouse gas emissions (GHGs) and increasing use of natural
refrigerants, evaluation of low GWP fluids based on characteristics of the saturation phase boundary
(Morrison 1994) is instructive and revealing. The path that a refrigerant takes within the heat pump
cycle crosses the phase boundary, and its ultimate effect on the cycle performance and machinery
depends on the shape of the temperature–entropy (T-S) phase boundary. Skewness in the T-S curve
may cause the formation of a liquid in the compressor, resulting in inferior performance or failure of
the component. The phase boundary by itself provides useful but partial information on the expected
performance of refrigerants. Although phase boundary shape is helpful in screening and
understanding fundamental characteristics of classes of refrigerants (detailed in paper ID 442), it is
also necessary to evaluate their expected performance in typical heat pump cycles. This paper
presents a detailed exergy analysis of refrigerants used or proposed for use in HVAC&R systems.
To displace existing HCFCs, HFC, and HFOs future refrigerants must preferably have zero ODP and
zero or near-zero GWP. A summary of the progress of refrigerants toward these goals is given in
Table 1. Notwithstanding their adverse flammability characteristics (A3 classification), the select HCs
have zero ODP and GWP, possess good miscibility with mineral oil, and are compatible with a variety
of existing compressors.
Why some refrigerants perform better than others remains an interesting research question.
Although several researchers have conducted experimental studies and have developed models,
these models are often too complex to accurately predict the impact of working fluid (Pitarch et al.,
2017; Nanxi et al., 2005; Comakli et al., 2009; Nawaz et al., 2017a, 2017b; Sun et al., 2016; Wang
et al., 2013). This paper evaluates heat pump cycles for low-GWP refrigerants under the same
operating conditions. The First and Second law analysis provide a comprehensive paradigm to
evaluate expected heat pump performance.
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Table 1. ODP and GWP of various refrigerants (US Department of Health and Human Services)

Refrigerant
group

Refrigerant example

ODP

CFCs

R-11, R-12, R-115

HCFCs

R-22, R-141b, R-124

HFCs

R-407C, R-32, R-134a, R- 0
152a

HFOs

R-1234yf, R-1234ze(E), R- 0
1234yz

Atmospheric
lifetime
(years)

Flammability

0.6–1 4750–
14400

45–1700

Nonflammable

0.02– 400–
0.11
1800

5–20

Nonflammable

140–
11700

0.6–300

Nonflammable or
mildly flammable

0–12

-

Mildly flammable

Less
than 3.

Few days

HCs:
Highly
flammable
R717: Flammable
R744:
Nonflammable

Natural
CO2(R-744),
NH3(R-717), 0
refrigerants HC (Propane (R-290), nButane(R-600), iso-Butane
(R-600a))

GWP100

2. MODEL AND METHOD
The theoretical basis of our analysis is couched in the First and Second Laws of Thermodynamics,
leading to the equations of energy conservation, Eq. Eq. (1), and entropy generation, Eq. (2):
+

+

,

,

%
%
23
∑ 𝑄̇$% + 𝑊̇$% + ∑<= 𝑚̇ )ℎ + + 𝑔𝑧/ − ∑:;6 𝑚̇ )ℎ + + 𝑔𝑧/ = 45 =

2>45
26

26

2
26

7𝑚 )𝑢 +

%+
,

+ 𝑔𝑧/9 . Eq. (1)

̇
̇ Ȧ
+ ∑:;6 𝑚̇ × 𝑠 − ∑D= 𝑚̇ × 𝑠 = ∑ B45 + 𝜎̇$% .

Eq. (2)

Since the First Law contains a work term but no entropy terms, and the Second Law contains entropy
terms, but no work term, they are combined through their common thermal energy term, 𝑄̇$% , to yield:
+

+

%
%
B
23
2>
𝑊̇$% = ∑:;6 𝑚̇ )ℎ − 𝑇: 𝑠 + , + 𝑔𝑧/ − ∑<= 𝑚̇ )ℎ − 𝑇: 𝑠 + , + 𝑔𝑧/ − ∑F 𝑄̇F G1 − BI K + 2645 − 𝑇: 7 2645 −
J

Eq. (3)

𝜎̇$% 9

where 𝑇: is the reference temperature, taken to be 273.15 K; 𝑄̇F is the rate of thermal energy transfer
at the control surface to or from thermal reservoirs at 𝑇: or 𝑇F ; 𝑆$% is the entropy within the control
volume, (𝑐𝑣); and 𝜎̇$% is the rate of entropy generation. Under steady-state uniform-flow, uniformstate conditions, Eq. Eq. (1) reduces to:
∑ 𝑄̇$% + 𝑊̇$% + ∑<= 𝑚̇ )ℎ +

%+
,

+ 𝑔𝑧/ − ∑:;6 𝑚̇ )ℎ +

%+
,

+ 𝑔𝑧/ = 0 .

Eq. (4)

Under steady-state, no-flow conditions, Eq. (2) and Eq. (3) reduce to Eq. Eq. (5) and Eq. Eq. (6)
respectively:
Ȧ

𝜎̇$% = − ∑F B J ,

Eq. (5)

J

B
𝑊̇$%,S$6;ST = − ∑F 𝑄̇F G1 − BI K + 𝑇: 𝜎̇$% .
J

Eq. (6)

The last term on the right side of Eq. Eq. (6) is the irreversibility, or “lost work,” within the control
̇ = 𝑇: 𝜎̇$% .
volume, defined as 𝐼$%
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̇ = 0, reducing Eq. Eq. (6) to,
The minimum steady-state, no-flow work is when 𝐼$%
B
𝑊̇$%,V<= = − ∑F 𝑄̇F G1 − BI K .

Eq. (7)

J

The cooling COP, 𝐶𝑂𝑃$ = \

AI

4I]^.

cd

, in which both the numerator and denominator are in units of kJ ∙

kg , is readily converted to units of 𝑘𝑊 by using the tabulated mass flow rates in succeeding tables.
The actual compressor work is the sum of the Carnot work and the total cyclic irreversibility, given
as Eqs. (8) and (9):
𝑊S$6;ST = 𝑊fSg=:6 + 𝐼B:6ST ,
𝐶𝑂𝑃fSg=:6 =

Bh
(B4 cBh )

Eq. (8)

,

Eq. (9)

̇ (previously
and 𝐼B:6ST is the total cyclic irreversibility obtained from summing the respective 𝐼$%
defined) applied to all the components in the cycle and converted via the mass flow rate to units of
kJ ∙ kg cd .
Besides COP, the volumetric capacity, 𝑄%:T. , measured in MJ ∙ mck , defined as the cooling capacity
per unit of volume of refrigerant vapor entering the compressor, quantifies the equipment size. Larger
values of 𝑄%:T. signify greater compactness, and vice versa. McLinden et al. (2017) point out that
both COP and 𝑄%:T. are related to the critical temperature, 𝑇$g<6. , with higher values of 𝑇$g<6. resulting
in high COP but low 𝑄%:T. , and vice-versa.
Four discrete heat pump configurations are considered in this study as shown in
Figure 1. (a) a simple vapor compression cycle modified to transfer a portion of the condenser heat
to the suction line; (b) a variation of configuration (a) in which the vapor–liquid mixture exiting the
evaporator is routed through the condenser to attain saturation before entering the compressor
suction port; (c) a standard vapor compression heat pump that serves as a benchmark; and (d) a
heat pump cycle with a flash tank installed between two expansion valves, throttling pressure from
the high-side condenser to the low-side evaporator. The flashed vapor is at a value that equalizes
the discharge and suction pressures of two compressors between the evaporator and the condenser.
Configurations (a) and (b) are two variations of the liquid line-suction line heat exchanger (LL/SLHX) concept, and configuration (d) is a two-stage economizer cycle investigated for low-GWP
refrigerants (McLinden et al.,2017). This paper emphasizes how exergy analysis clarifies the
systemic inefficiencies of the four configurations to aid in understanding their disparate performance
behavior for 12 of the refrigerants listed in Table 1

3. RESULTS AND DISCUSSION
3.1 Assumptions
For the cycle analysis and screening of refrigerants, representative evaporator (0°C) and condenser
(60°C) temperatures for heat pumps and air conditioning were fixed. Pressure drops in the piping
and equipment were neglected. The compressor efficiency is assumed to be 100%. These
assumptions are justified for a preliminary analysis to avoid incurring unwanted complications of
manufacturer’s specifications, compressor types, and compressor maps.
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Configuration (a): Vapor compression
cycle with LL/SL heat exchange in
tandem

Configuration (b): Vapor compression cycle
with integral LL/SL heat exchange

Configuration (c): A common, singlestage vapor compression cycle

Configuration (d): Cycle with two-stage
flash economizer.

Figure 1: Cycle configuration considered in the analysis

For heat pump configurations (b) and (c) involving the LL/SL-HX concept, the vapor quality at the
evaporator exit was fixed at 0.9, implying that heat is required before vapor enters the compressor
as saturated vapor. In configuration (d), the compression ratio between the two compressors was
fixed exclusively by the high and low pressures corresponding to the condensing and evaporating
temperatures, respectively, of the given refrigerant; and the intermediate pressure at the mixer was
given as the geometric mean of these two pressures. Cycle simulations were performed using
Engineering Equation Solver (EES) model V10.259-3D (Klein, 2015).
3.1.1. Configuration (a): vapor compression cycle with LL/SL-heat exchanger in tandem
The cycle for configuration (a) is depicted in
Figure 1a. Applying Eqs. Eq. (4) – Eq. (9) yielded the energy balance, component-wise and total
irreversibility, Carnot work, and actual work (𝑊S$6;ST. ) which, through exergy analysis, must be and
is in agreement with the work l𝑊f:Vm. n calculated from the First Law.
The amount of thermal energy to be recovered by LL/SL-HX is arguable. Too much recovery would
increase the compressor suction temperature (state point 1), perhaps making the compressor exit
temperature (state point 2) exceed its design capacity. In the limit, recovery of the entire condenser
load by the LL/SH-HX would violate the Kelvin-Plank statement: It is impossible for a heat engine
operating in a cyclic manner to exchange heat with only one reservoir. Considering these limitations,
the quality of the vapor at state point 6 was held at 0.95 and the quality of the vapor entering the
compressor at state point 1 at 1.0 to limit the heat recovery by the LL/SL-HX to a reasonable value.
In future studies, it will be instructive to examine the influence of quality on cyclic performance.
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While total irreversibility is the quantifiable measure of the lost opportunity to produce useful work,
the component-wise irreversibility shows areas where improvement is most beneficial. For ammonia,
the condenser is the most irreversible component, with lost work of 162.93 kJ ∙ kg cd ∙ K cd because
of its high condenser thermal load. The next-largest condenser irreversibility is 34.61 kJ ∙ kg cd ∙ K cd
is exhibited by R-600. A comparison of total cyclic irreversibility is illustrated in Figure 2. From the
total cyclic irreversibility standpoint, ammonia ranks second.
The volumetric capacity based on the same set of state points and state variables. Ammonia
represents the highest COP and the second highest volumetric efficiency, and its relative strength
as a viable refrigerant is shown in Figure 3.

Figure 2: Relative magnitude of total
cycle irreversibility of configuration
(a) for various refrigerants

Figure 3: COP and volumetric efficiency of
various refrigerants relative to ammonia for
configuration (a). Higher relative volumes
represent more compact system

3.1.2. Configuration (b): vapor compression cycle with integral LL/SL-heat exchanger
A variation of the LL/SL-HX is where partial heat recovery is achieved within the condenser, as
shown in
Figure 1. The vapor quality at state points 5 and 1 are 0.95 and 1.0, respectively, for the same
reasons discussed earlier for configuration (a).
Consistent with configuration (a), the quality of the vapor exiting the evaporator (state point 5,
Figure 1b) is held at 0.95 and the quality of the vapor entering the compressor at state point 1 is 1.0,
to limit the heat recovery by the LL/SL-HX to a reasonable value (see discussion for configuration
a). The component-wise and total irreversibility show that although the condenser with ammonia has
the highest irreversibility, the total cyclic irreversibility of ammonia is the lowest, making the lost work
the smallest among all 12 refrigerants simulated. This finding is due to the low mass flow rate
(0.19 kg ∙ scd ) of ammonia because of its high heat of vaporization compared with the other
refrigerants. Based on the stated assumptions, the compressor irreversibility is zero (100% efficient
compressor). R32 is a close competitor to ammonia in terms of total irreversibility, but R32 is
unsuitable because of its high GWP (see Table 1). A vivid comparison of the total cyclic irreversibility
of the single-stage vapor compression cycle in configuration (b) is shown in Figure 4. Ammonia
represents the highest COP and the second highest volumetric efficiency, with its relative strength
among the refrigerant shown in Figure 5.
3.1.3. Configuration (c): single-stage vapor compression cycle
A simple, single-stage vapor compression cycle is presented in
Figure 1c with state points (1–4) corresponding to the state variables. The highest efficiency relative
to the Carnot COP is shown by ammonia, followed by R123. As in configurations (a) and (b), the
ammonia flow rate is the lowest for the cycle of
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Figure 1c because of its high latent heat of vaporization.
The component-wise and total irreversibility data shows that although the condenser with ammonia
has the highest irreversibility, the total cyclic irreversibility of ammonia is the lowest, making the lost
work the smallest of all 12 refrigerants simulated.
This is due to the low mass flow rate (0.19 kg ∙ scd ) because of its high heat of vaporization compared
to the other refrigerants. R-32 is a close competitor to ammonia in terms of total irreversibility but
has a higher GWP (677 vs. 0).The component-wise and total irreversibility data show a similar
pattern for ammonia as for configurations (a) and (b): the ammonia condenser has the highest
irreversibility, whereas the total cyclic irreversibility with ammonia is once again the lowest, making
the lost work (36.94 kW) the smallest among all 12 refrigerants simulated. A comparison of the total
cyclic irreversibility of the single-stage vapor compression cycle is shown in Figure 6. For the singlestage cycle of configuration (c), hydrocarbons (R-290, R-600, and R-600a) and ammonia are
acceptable options among zero-GWP refrigerants. A choice among them would be based on
balancing the flammability and toxicity risks and the materials of construction for the given
application. Comparing the refrigerants in terms of volumetric capacity (Figure 7), ammonia shows
the overall best efficiency and volumetric capacity; only two refrigerants, R-410A and R-32, show
higher relative volumetric efficiency than ammonia, but they have lower cycle efficiency.

Figure 4: Relative magnitude of
total cycle irreversibility of
configuration (b) for various
refrigerants

Figure 6: Relative magnitudes of
total cycle irreversibility of
configuration (c) for various
refrigerants

Figure 5: COP and volumetric efficiency of various
refrigerants relative to ammonia for configuration (b).
Higher relative volumes represent more compact
system

Figure 7: COP and volumetric efficiency of various
refrigerants relative to ammonia for configuration
(c). Higher relative volumes represent a more
compact system
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3.1.4. Configuration (d): Vapor compression cycle with a flash economizer
A two-stage vapor compression cycle with a flash economizer
Figure 1d is a way of improving the cycle efficiency by 4–16% (depending on flash tank pressure)
relative to the single-stage cycle of configuration (c). The cycle with an economizer is shown in
Figure 1d, with the mixer equilibrating the inter-stage pressure between the two compressors. The
inter-stage pressure varies with the refrigerant but is maintained at the geometric mean of the
pressure between the evaporator and the condenser. The extent of flashing, denoted by 0 ≤ 𝜑 =
V̇

1 − V̇̇ x ≤ 1 varies for each refrigerant. The cycle of
y

Figure 1d could be modeled for all refrigerants, except R-410A and R-407C; the temperature glides
of the latter precluded proper convergence, most likely because of blend fractionation. Plausibly,
since R-410A and R-407C are zeotropic blends, the convergence issues could not be overcome.
Therefore, these two refrigerants were excluded from further consideration in configuration (d). The
highest efficiency relative to the Carnot COP is shown by ammonia, followed by R-32. As in
configurations (a)–(c), the ammonia flow rate is the lowest for the cycle presented in
Figure 1d because of its high latent heat of vaporization. Unlike in the previous three configurations,
ammonia has comparable total irreversibility with the HCs, whereas the remaining refrigerants have
similar and lower total irreversibility. Irreversibilities of the evaporator, mixer, compressors, and flash
tank are low for all refrigerants. The distinction is between the irreversibility of the condenser and
those of the expansion valves, which remain high for ammonia, R-290, R-600, and R-600a. As for
other cycles, a comparative view of total irreversibility among the various refrigerants is shown in
Figure 8. Ammonia has the highest evaporator load per unit of mass (1136 kJ∙kg-1), almost three
times greater than that for the HCs and almost an order of magnitude greater than those of R1234ze(E), R-123, and R-1234yf. On a relative basis, except for R-32, the rest of the refrigerants
show lower volumetric efficiency compared with ammonia. The COP of R-32 is only 72.6% that of
ammonia. Comparative relative COP and volumetric ratios are shown in Figure 9. Among the zeroGWP refrigerants, ammonia has the best overall performance in terms of efficiency and
compactness.

Figure 8: Relative magnitudes of total
cycle irreversibility of configuration (d)
for various refrigerants

4.

Figure 9: COP and volumetric efficiency of
various refrigerants relative to ammonia for
configuration (d). Higher relative volumes
represent more compact systems

CONCLUSIONS

Exergy analysis is an indispensable tool to identify sources of systemic inefficiency where the
opportunity to do useful work is lost to the surroundings. In this paper, we find that ammonia
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outperforms several classes of refrigerants in terms of COP and volumetric capacity, a finding of
enormous importance to future work on natural, zero-GWP working fluids for heat pump applications.
The cycle of configuration (c) is the preferred choice for natural refrigerants because of its simplicity.
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NOMENCLATURE
C
specific heat, kJ∙mol-1∙K-1 or kJ∙kg-1∙K-1
CFC chlorofluorocarbons
COP coefficient of performance
E
Energy, kJ
EXV expansion valve
g
gravitational acceleration, 9.8 m∙s-2
GHG Greenhouse gas
GWP Global warming potential
h
specific enthalpy, kJ∙mol-1, or kJ∙kg-1
HCFC hydrochlorofluorocarbon
HFC hydro fluorocarbon
HFO hydrofluoro-olefins
𝐼̇
rate of irreversibility, kW
LL/SL-HXLiquid line suction line heat
exchanger
𝑚̇
mass flow rate, kg∙s-1
ODP Ozone depletion potential
Q
Capacity or thermal energy, kJ
̇
𝑄
rate of heat flow, kW or W
s
specific entropy, kJ∙mol-1∙K-1
S
total entropy, kJ∙K-1
T
temperature, °C or K
t
time, s

u
V
𝑊̇

specific internal energy, kJ∙mol-1∙K-1
volume, m3
rate of work, kW

Greek symbols
∆
change of a property, variable or
function
𝜎̇
rate of change of entropy or entropy
production, kW∙K-1
𝜕
partial derivative
Subscripts
b
boiling point
c
condenser; c is used for “cooling”
crit.
critical point
cv
control volume
e, evap.
evaporator
j
jth variable or component
molar per mole, mol-1
o
thermodynamic dead state, or ambient
P
constant pressure
sat.
saturated state or condition
V
constant volume
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ABSTRACT
In falling film heat and mass transfer models, complete wetting of the substrate is usually assumed.
In this paper, a practical model for the simultaneous heat and mass transfer processes in an
internally cooled dehumidifier paired with a newly developed ionic liquid desiccant from Evonik
Industries is presented. The heat and mass transferred were estimated using heat and mass
transfer coefficient analogies from the literature incorporating variable film thickness and partial
wetting model; therefore, accounting for the change in the film thickness and wetted area in each
control volume, respectively.
Comparison between the predicted results from the partial and complete wetting models with the
experimental data showed a better agreement for the former. Absolute deviations for the air outlet
humidity ratio were within 15 and 35% for the partial and complete wetting models, respectively.
The model with partial wetting is suggested for preliminary design and optimization of internally
cooled contactors.
Keywords: Heat and Mass Transfer, Partial Wetting, Variable Film Thickness, Ionic Liquid,
Internally Cooled Dehumidifier, Modeling.

1. INTRODUCTION
Liquid desiccant air conditioning systems are being recommended as possible alternative and
solution to conventional vapor compression systems (VCS) due to their capability to address
performance issues faced by VCS such as large energy consumption (Yamaguchi et al., 2011). In
liquid desiccant air conditioning systems, the two general classifications of gas-liquid contactors
are adiabatic and diabatic or more commonly known as internally cooled/heated contactors as
shown in Fig. 1. The applications of these systems have favored the internally cooled/heated
contactors over adiabatic packed bed contactors because of their capability to maintain the mass
transfer potential of the desiccant solution by using a third cooling/heating medium (Sato et al.,
2014).
Most of the models for internally cooled contactors assume constant film thickness (Rahamah et
al., 1998; Ali et al., 2004) and complete wetting of the contactor (Park et al., 1994), which can result
to the underestimation (Mesquita et al., 2006) and overestimation (Park et al., 1994) of the
dehumidification capacity, respectively. Though constant film thickness has already been
addressed in the studies of Mesquita et al. (2006) and Hueffed et al. (2009), complete wetting
remains to be a problem due to the lack of conclusive research and models for the partial wetting

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1685

in internally cooled contactors. Earlier studies of the wetting fraction of a falling film on a vertical
surface were conducted by Qi et al. (2013, 2013, 2014). The solution distributor thickness, plate
surface temperature, and contact angle were found to have a significant influence on the wetted
area. Their results mainly point out that by decreasing the film thickness, which can be done by
reducing the distributor thickness or by increasing the plate surface temperature, the width of the
film can be increased; thereby, decreasing the contact angle and increasing the solution spreading
and the wetted area. However, these studies focused on selected parameters and the underlying
fundamental principles of film breakage and dry spots formation were not explained. The recent
experimental investigation of Varela et al. (2018) and theoretical studies of Giannetti et al. (2016,
2018) on the partial wetting in internally cooled contactors are promising methods to the qualitative
prediction of the wetting ratio, which can be a key to a more accurate design and prediction of the
heat and mass transfer performance of internally cooled contactors. These studies explore the
basic principles of film stability and minimum wetting rates, and theoretically predicts the wetting
ratio based on the principle of minimum energy, which weighs the conflicting effects of kinetic
energy and surface tension.
In this study, a practical model for the heat and mass transfer in an internally cooled contactor
paired with a newly developed ionic liquid (IL) desiccant is developed by applying variable film
thickness of the solution and using the newly improved correlation for the wetting fraction by
Giannetti et al. (2019). The model is validated by the experimental data and comparison between
the predicted results of the models with the partial wetting and complete wetting assumption is
conducted.
Refrigerant out

Solution in

W

Solution in

L

Air in
Refrigerant
in

Air out
H

Air out
Air in

Solution out
(a)

Solution out
(b)

Figure 1: (a) Internally cooled fin-tube contactor and (b) adiabatic packed bed contactor

2. EXPERIMENTAL APPARATUS AND METHODS
2.1.

Gas-Liquid Contactor and Working Fluid

The internally cooled contactor utilized in this study is a fin-tube type as designated in Fig. 1(a).
Aluminum was chosen as the material for the fin and tube primarily because it is compatible with
ionic liquid (IL) in terms of material corrosion, which is the liquid desiccant employed in this study.
Aside from the compatibility, the aluminum contactor has also high thermal conductivity and is
inexpensive. The dimensions and details of the internally cooled fin-tube contactor are given by
Table 1 and Fig. 2, respectively. On the other hand, ILs are generally known for having high thermal
and chemical stability, low volatility, excellent solubility, and are non-flammable (Butt et al., 2013),
making them an excellent choice for absorption processes.
The air is blown horizontally through the length of the contactor by a blower and the solution flows
vertically along the height of the contactor through the influence of gravity depicting a crossflow
configuration between the two directly contacting fluids. This type of flow configuration between
the air and solution not only benefits from low air pumping head but also the possibility of solution
particle carryover is low in crossflow compared with counterflow configuration, which is of
significant interest in liquid desiccant air conditioning systems. There are five channels of cooling
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water with the inlet at the bottom and outlet at the top of the contactor. Higher effectiveness and
energy recovery can be realized by making the cooling water and desiccant solution enter on
opposite sides or counterflow instead of parallel flow; and since the two working media are not in
direct contact with each other, solution carryover by the cooling water is not possible.
Table 1. Dimensions of the internally cooled fin-tube contactor

x

Parameter
Symbol Unit Dimension
Length (air flow direction)
L
m
200×10-3
Height (solution flow direction)
H
m
400×10-3
Width (refrigerant flow direction)
W
m
100×10-3
Fin thickness
tf
m
0.1×10-3
Fin pitch
Number of fins
Tube outer diameter
Tube wall thickness
Tube columns (horizontal array)

Pf
Nf
Dt,o
ttw
Ntc

m
m
m
-

4.42×10-3
23
7.38×10-3
1×10-3
10

Tube rows (vertical array)
Tube horizontal pitch
Tube vertical pitch

Ntr
Pt,h
Pt,v

m
m

17
20×10-3
20×10-3

y

(b)

(a)

tw
Dt,o

(c)

tf

tw
Dt,o

tf

Pf

(d)

Figure 2: (a) Front view, (b) close-up
view, (c) tube details, (d) fin details

2.2.

System Description

Fig. 3 illustrates the schematic diagram of the internally cooled liquid desiccant air conditioning
system. The experimental apparatus is divided into three parts: the process side, the solution
control unit, and the regeneration side. The inlet air of both the process and regeneration sides,
which are represented by the large arrows in light blue and orange colors, is supplied by a separate
air handling unit connected to the experimental apparatus through ducts.

Figure 3: Schematic diagram of the internally cooled/heated liquid desiccant air conditioning system

In the process side, the solution is drawn from the Diluted solution tank by Pump 1 and is delivered
to the solution Cooler to be adjusted to the required inlet temperature. Then, it is dispensed to the
internally cooled Dehumidifier by the atomizing spray nozzles. In the Dehumidifier, the air makes
direct contact and undergoes simultaneous heat and mass transfer with the solution, releasing
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P

heat of condensation on the process. Part of this latent heat together with the sensible heat in the
solution is absorbed and carried away by the cooling water passing through the dehumidifier,
conserving the solution’s low equilibrium vapor pressure and mass transfer capacity. The outlet air
exits the Dehumidifier at a comfortable quality. On the other hand, the weak outlet solution enters
the Diluted solution tank through the influence of gravity and mixes with the strong solution coming
from the Concentrated solution tank through Pump 3. A fraction of the solution in the Diluted
solution tank is pumped to the Concentrated solution tank for regeneration. Before entering the
Concentrated solution tank, the weak solution, which is at a lower temperature compared with the
strong solution, passes first through the solution-to-solution heat exchanger for heat recovery.
In the regeneration side, the solution is pumped from the Concentrated solution tank to the solution
Heater where it is heated to the required inlet temperature and is, then, distributed by the spray
nozzles to the internally heated regenerator. The solution is re-concentrated in the regenerator by
making direct contact with the inlet air, which is at a lower temperature and vapor pressure
compared to the solution. The process involves the release of the heat of vaporization, which is
absorbed by the air; thereby, reducing the temperature and vapor pressure of the solution. To
avoid this, the heating water keeps the temperature of the solution high, maintaining its
regeneration capacity. Finally, the strong outlet solution enters the Concentrated solution tank
ready to be circulated to the process side again.
To save writing space for more important discussions later, the readers are advised to refer to the
work of Sato et al. (2018) for the measuring instruments and experimental conditions.

3. HEAT AND MASS TRANSFER MODEL
The internally cooled contactor shown in Fig. 1 is divided into control volumes according to the
number of fins, tube column, and tube rows. Overall, the fin-tube contactor is comprised of 3,910
differential control volumes as illustrated in Fig. 4.
Air

IL

Wall

Cooling
water

Air

Wall

Cooling
water

solution

air
Gas-Solid
interface

cooling
water

Gas-Liquid
interface

Tube
Tube
outer wall inner wall
(a)

Tube
Tube
outer wall inner wall
(b)

Figure 4: Differential control volume Figure 5: Schematic diagram of the heat and mass transfer flow:
(a) wetted wall, (b) dry wall

3.1.

Assumptions

The following assumptions were applied to simplify the mathematical analysis:
(a) The flow of the air is laminar, and the temperature and velocity profiles are fully developed.
(b) The properties in each control volume are constant.
(c) There is no pressure gradient across the flow direction.
(d) The Dufour and Soret effects are neglected.
(e) The flow of the solution is laminar and non-wavy.
(f) Thermodynamic equilibrium exists in the gas-liquid interface and no shear force is acting on it.
(g) Diffusion effect on the flow direction is neglected.
(h) There is no chemical reaction and viscous dissipation.
(i) Tube wall friction and thermal resistance are not considered.
(j) Steady-state one-dimensional transfer flow for all fluids.
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3.2.

Governing Equations

Following the assumptions listed above, the directions of the working fluids in Fig. 4, and the heat
and mass transfer flow in Fig. 5, the governing mass, energy, and momentum equations are
derived as follows:
To calculate the water mass fraction in the gas phase of the next control, the mass absorbed by
the solution in the current control volume is subtracted
𝜕𝑥gb

+ ℎm,

𝜕𝑥

𝜌 𝐴 (

−

)=0

−

Eq. (1)

In the case of partial wetting, the enthalpy of the gas in the next control volume is calculated by
subtracting the heat conducted to the gas-liquid and gas-solid interfaces, and the latent heat of
condensation. In the case of a completely wet or completely dry surface, the gas-solid or gas-liquid
term cancels out, respectively:

𝜕ℎ
𝜕

+ 𝐴 [ℎh,

−

(

−

) + ℎm,

+ℎh,

−

𝐴 (

−

−

𝜌 𝐴 ℎ(

)]

−

)=0

Eq. (2)

With water mass fraction and the enthalpy, the temperature of the gas can be calculated;
subsequently, other properties of the air can be calculated as a function of either or both the mass
fraction and temperature.
Considering the mass absorbed at the gas-liquid interface, the mass conservation of the solution
is expressed as:
𝜕𝑚lb
𝜕𝑦

− ℎm,

𝜌 𝐴 (

−

−

)=0

Eq. (3)

A non-isothermal absorption (Yuksel and Schlunder, 1987) of water vapor into the solution is
employed in this model. In this method, the heat of absorption is solely damped at the gas-liquid
interface and that heat is transferred from the gas-liquid interface to the bulk solution and to the
wall purely by conduction; contrary to isothermal absorption where the interface and bulk
temperatures are assumed equal. With this, the respective energy balance at the gas-liquid
interface and the bulk solution can be expressed by Eq. (4) and Eq. (5):
𝜕(𝑚glℎgl)
𝜕𝑦

− 𝐴 [ℎh,

−

(

𝜕(𝑚lb ℎlb )
𝜕𝑦

−
− ℎh,

) + ℎm,

−

𝐴 (

−

−

𝜌 𝐴 ℎ(
) + ℎh,

−
−

𝐴 (

) − ℎh,
−

−

(

−

)=0

)] = 0 Eq. (4)
Eq. (5)

For the cooling water, the mass and energy conservations are written as follows:
𝜕𝑚cw
𝜕𝑧
𝜕(𝑚cw ℎcw )
𝜕𝑧

+ ℎh, [𝐴 (

Eq. (6)

=0
)+𝐴 (

−

−

)] = 0

Eq. (7)

The velocity profile of the falling film is derived by integrating twice its momentum equation. This
gives the maximum velocity at the gas-liquid interface and subsequently the average film velocity.
Integrating the continuity across the film thickness per unit length of the contactor results to the
equation of the film thickness
3𝜇lΓl

= ( 𝜌 2𝑔 )

1⁄
3

l

3.3.

Eq. (8)

Heat and Mass Transfer Coefficients

The heat transfer coefficient of the air (Eq. (9)) is calculated from the Nusselt number correlation
for laminar flow in rectangular ducts, assuming a constant tube wall temperature (Kays and
Crawford, 1993). The mass transfer coefficient is then estimated using the Chilton-Colburn analogy
(Eq. (10)):

Nu

=

ℎh,gb−gl𝑑h
𝜆gb

= 7.54
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ℎh,gb−gl
ℎm,gb−gl

= 𝜌 𝑐p,

𝛼gb

(𝐷 )

2⁄
3

Eq. (10)

gb

In the liquid-side, the heat transfer coefficient (Eq. (11)) is determined from the Nusselt number
correlation of Karami et al. (2009), assuming viscous sublayers near the gas-liquid and liquid-solid
interfaces. The description of the liquid-side mass transfer coefficient (Eq. (12)) is based on the
penetration theory suggested by Higbie, which assumes a thick semi-infinite film with unequal
interface and bulk solute concentrations. The overall mass transfer coefficient is calculated as the
sum of both the air-side and liquid-side mass transfer coefficients and is used to determine the
overall mass transfer by multiplying it to the difference of the air humidity ratio and the equivalent
humidity ratio of the solution side. This approach is contrary to previous models (Mesquita et al.,
2006; Hueffed et al., 2009), which assume only the air side neglecting the mass transfer resistance
on the liquid side. From the overall mass transfer, the water mass fraction on the gas-liquid
interface can then be estimated from the air-side equation of mass transfer with the air-side
properties.

Nu =

ℎh,gl−ls 𝛿l
𝜆lb

ℎm,

= 0.4764Re0.0477 Pr 0.334
= 2√

−

Eq. (11)

𝑢l,max 𝐷gl

Eq. (12)

𝜋𝑃t,v

The wall heat transfer coefficient is calculated using the thermal conductivity of the aluminum wall,
which equal to 0.236 kW·m -1·K-1. For the cooling water, the heat transfer coefficient is obtained
from the Nusselt number provided by Gnielinski (Incropera et al., 2011):

Nu
3.4.

=

𝑓
( ⁄8)(R cw−1000)Pr
1+12.7(𝑓⁄8)

1⁄
2

Eq. (13)

2
(Pr ⁄3 −1)

Partial Wetting Model

The partial wetting model is given by Eq. (14). For the detailed derivation of the correlation, please
refer to Giannetti et al. (2019).
R

𝑊𝑅 = 0.83𝜃0−0.90 (W l3 )

0.07

Eq. (14)

l

4. RESULTS AND DISCUSSIONS
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Fig. 6a presents the variation of the air humidity ratio with the IL solution mass flux. The predicted
outlet air humidity ratios from the partial wetting model are higher than the experimental results at
solution mass flux below 1 kg·m -2·s-1; equivalent at 1 kg·m -2·s-1, and lower at Gl greater than one.
A possible explanation for the larger predicted air humidity ratios could be that at Gl values less
than one, the wetting ratios are underestimated by the wetting model, which shows opposite
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Figure 6: Variation of the (a) air humidity ratio and (b) air temperature with the IL solution mass flux
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behavior at higher flow rates.
Absolute deviations between the predicted and experimental results are within 15% for the partial
wetting model and 35% for the complete wetting model. The mean absolute error is 8.81 and
31.83% for the partial and complete wetting models, respectively.
Fig. 6b shows the variations of the air temperature with the solution mass flux. It can be observed
that the heat transfer performance of the internally cooled contactor is not significantly affected by
the wetting ratio as heat transfer can be conducted in either wetted or dry parts of the contactor.
The predicted results for the air outlet temperature of both models agree within less than 10%. The
mean absolute error is 4.05 and 3.17%, respectively, for the partial and complete wetting models.
Based on the above comparison, it is desirable to achieve complete wetting to yield better
dehumidification performance. This is achieved by satisfying the minimum wetting rate (minimum
Reynolds number) that can assure complete wetting of the substrate (Giannetti et al, 2018, 2019;
Varela et al., 2018). However, a proper selection of the solution mass flux should be made
depending on the required dehumidification capacity of the system as higher flow rates require
higher pumping power and can also increase the air pressure drop due to the reduction of the air
flow area. Nonetheless, the internally cooled liquid desiccant air conditioning system can reach
lower outlet air humidity ratio and temperature at equal solution mass flux compared to the
adiabatic liquid desiccant air conditioning system as experimentally investigated by Sato et al.
(2018).

5. CONCLUSIONS
Numerical models were developed for simultaneous heat and mass transfer in an internally cooled
contactor with ionic liquid as a desiccant. Models with partial wetting and complete wetting as well
as variable film thickness were developed to clarify the effect of the wetting ratio on the heat and
mass transfer performance. The predicted results for both models were compared with the
dehumidification experimental data. The predicted results for the air temperature from both models
agree well with the experimental data. For the air humidity ratio, the partial wetting model
underpredicted the experimental outlet results at low solution mass flux but for solution mass flux
greater than 1 kg·m -2·s-1, the predicted results were overestimated. In spite of this, all results are
within a mean absolute error of 10% with the experimental data. On the other hand, the complete
wetting model overpredicted all the experimental data to within an average error of 35%.
Additional experimental data can be taken to further realize the potential of the partial wetting
model in predicting the mass transfer performance of internally cooled contactors.

NOMENCLATURE
density (kg·m -3)
temperature (°C)
𝜃0 film contact angle (°)
We Weber number
𝑑h
𝑊𝑅 wetting ratio
𝐷
water mass fraction, humidity ratio
(kg·kg(DA)-1), horizontal direction
Γ solution mass flow rate per unit length of
vertical direction
contactor (kg·m -1·s-1)
ℎ heat of condensation (kJ·kg-1)
depth direction
ℎh heat transfer coefficient (kW·m -2·K-1)
ℎm mass transfer coefficient (m·s-1)
Subscripts
𝜆 thermal conductivity (kW·m -1·K-1)
cw cooling water
diffusion mass flux (kg·m -2·s-1)
iw inner wall
mass flow rate (kg·s-1)
gb gas bulk
𝜇 dynamic viscosity (Pa·s)
ge gas equilibrium
Nu Nusselt number
gl gas-liquid
Pr Prandtl number
gs gas-solid
heat flux (kW·m -2)
lb liquid bulk
Re Reynolds number
ls liquid-solid
𝛼
𝐴
𝑐p

thermal diffusivity (m 2·s-1)
transfer area (m 2)
specific heat at constant pressure (J·kg-1·K-1)
film thickness (m)
hydraulic diameter (m)
mass diffusivity (m2·s-1)

𝜌
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ABSTRACT
The current status of a new fundamental equation of state for trans-1-chloro-3,3,3-triﬂuoro-1propene [R-1233zd(E)] is given. Due to its non-ﬂammability and preferable thermophysical properties, this refrigerant is considered as one possible alternative for 1,1,1,3,3-pentaﬂuoropropane (R245fa). The new equation is valid for temperatures from 215 K to 444 K and pressures up to 35
MPa. Expected uncertainties in calculated properties in this range are 0.01 % in liquid densities,
0.03 % in vapor densities, 0.05 % in vapor pressures, and 0.1 % in vapor- and liquid-phase sound
speeds. Improvements from the currently available equation are that the upper limit of pressure
is extended to 35 MPa and that liquid-phase sound speeds are represented more accurately. The
equation shows quite reasonable extrapolation behavior at extremely low and high temperatures,
and at high pressures. The ISO/TC86/SC8 committee will recommend the ﬁnal form of this equation as an international standard formulation for R-1233zd(E).

1. INTRODUCTION
The fundamental equation of state developed by Mondejar et al. (2015) (referred to as the “ﬁrst
equation” in this paper) is currently the only available property formulation for R-1233zd(E) and
has often been applied to the performance analysis of refrigeration cycles that use this refrigerant
as a working ﬂuid. The ﬁrst equation is based on experimental data for density, vapor pressure,
and vapor-phase sound speed covering temperatures from 215 K to 444 K and pressures up
to 24 MPa. Although in most cases the experimental data are accurately represented with the
ﬁrst equation, some data show larger deviations than their uncertainties, probably due to sample
degradation at high temperatures. In addition, as shown later, the ﬁrst equation shows systematic
and considerably large deviations from sound speed data in the liquid phase recently measured
by McLinden and Perkins (2019).
A new fundamental equation of state is now being formulated under the collaboration between
Kyushu University and National Institute of Standards and Technology. The new equation is designed so that it represents all experimental data within their experimental uncertainties. This
paper shows the improvements in the new equation and gives the details on the future work to
obtain a ﬁnal equation of state. The ﬁnal equation will be recommended by ISO/TC86/SC8/WG7
(Refrigerant properties) as an international standard formulation for this refrigerant in 2019.
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Table 1: Critical parameters of R-1233zd(E)
Property
Molar mass (g mol−1 )
Critical temperature (K)
Critical density (mol dm−3 )
Critical pressure (MPa)

Symbol
M
Tc
ρc
pc

First EOS
134.04794
439.6
3.68
3.624

New EOS
134.04794
438.75
3.658
3.574

2. EQUATION OF STATE
In a similar fashion to the development of the ﬁrst equation, the new equation of state is formulated
with the Helmholtz energy as the fundamental property with independent variables of temperature
and density. The form of the equation is
a(T , ρ)
= α(τ, δ) = α ◦ (τ, δ) + α r (τ, δ),
RT

Eq. (1)

where R = 8.3144598 J mol−1 K−1 is the universal gas constant (Mohr et al., 2016), a is the molar
Helmholtz energy, α is the dimensionless Helmholtz energy, τ = Tc /T is the inverse reduced
temperature, and δ = ρ/ρc is the reduced density. The critical temperature and density used in
the new equation are given in Table 1, as well as those used in the ﬁrst equation. These values
are tentative. In order to obtain better agreement with experimental data, ρc and Tc will be further
adjusted during future ﬁtting, and therefore these values may change in the ﬁnal equation.
The dimensionless Helmholtz energy α is split into an ideal-gas part α ◦ representing ideal-gas
properties and a residual part α r corresponding to the inﬂuence of intermolecular forces. The
dimensionless ideal-gas Helmholtz energy α ◦ is analytically calculated from an equation for the
isobaric heat capacity of the ideal gas, c p◦ , as follows:
[
(
)]
∫ T
∫ T ◦
cp
ρT
α ◦ (τ, δ) = h ◦0 +
c p◦ dT − RT − T s 0◦ +
dT − R ln
,
Eq. (2)
ρ0T0
T0
T0 T
where T0 is the temperature at a reference state, p 0 is a reference pressure for the ideal-gas
properties, and ρ0 is the ideal-gas density at (T0, p 0 ). The Planck-Einstein form is used in this work
to formulate a c p◦ equation. The equation has the form
c p◦
R

=

n 0◦

+

3
∑

n i◦

i =1

(

m i◦
T

)2

exp(m i◦ /T )

[exp(m i◦ /T ) − 1]2

.

Eq. (3)

The coefﬁcients m i◦ and n i◦ are initially determined by ﬁtting to experimental c p◦ data, and they are
further adjusted while ﬁtting sound speed data in the development of the equation of state. For
nonlinear polyatomic molecules, the value of n 0◦ is ﬁxed to four to account for all but the vibrational
contributions in the molecule. In addition, for R-1233zd(E) the value of c p◦ /R should be 25 at
extremely high temperatures, because the molecules of R-1233zd(E) (consisting of nine atoms)
have 21 vibrational modes and the contribution of each mode attains the value of R at extremely
high temperatures.
In recent developments of accurate equations of state, the residual Helmholtz energy is expressed
with a functional form consisting of polynomial terms, simple exponential terms, and Gaussian
bell-shaped terms. The number of terms, coefﬁcients, and exponents are determined by ﬁtting
to selected experimental data. A tentative form of the new equation has a total of 19 terms (ﬁve
polynomial, ﬁve exponential, and nine Gaussian bell-shaped terms), which is four more than that
of the ﬁrst equation. The form is expressed as
α (τ, δ) =
r

5
∑
i =1

Ni τ δ +
ti

di

10
∑
i =6

N i τ δ exp(−δ ) +
ti

di

li

19
∑

[
]
N i τ t i δ di exp −ηi (δ − εi )2 − β i (τ − γi )2 . Eq. (4)

i =11
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Figure 1: Deviations in experimental vapor pressures from calculated values with the new equation of state: (■) Mondejar et al. (2015), (▲) DiNicola
et al. (2017)(ITC-CNR), (△) DiNicola et al. (2017)(UNIV-PM), (×) Higashi (2018),
) Mondejar et al. (2015) (First equation)
(

The coefﬁcients and exponents are optimized with a nonlinear ﬁtting algorithm developed by Lemmon and Jacobsen (2005) and Lemmon et al. (2009). While ﬁtting, various thermodynamic constraints are also applied to ensure that the equation of state is well behaved in the vicinity of the
critical point and that it reliably extrapolates beyond the range of the experimental data. These
constraints have been discussed in the literature, e.g., Span and Wagner (1997), Lemmon and
Jacobsen (2005), Lemmon et al. (2009), and Akasaka and Lemmon (2019). Most coefﬁcients
and exponents are ﬁxed within certain ranges. For example, temperature exponents t i of the
polynomial and exponential terms should be in the range from 0.3 to 2.5, and γi of the Gaussian
bell-shaped terms are normally kept between 1.2 and 2.0.

3. COMPARISONS TO EXPERIMENTAL DATA
3.1 Vapor Pressure
Deviations in experimental vapor pressures from calculated values with the new equation of state
are shown in Fig. 1. The new equation is ﬁtted to vapor pressure data of Mondejar et al. (2015),
and the data are generally represented within 0.1 % at temperatures between 290 K and the
critical temperature. However, recent experimental data (DiNicola et al., 2017; Higashi, 2018)
show different trends at temperatures below 370 K. Additional data are needed to determine which
data are more reliable.
3.2 Density
Fig. 2 shows deviations in experimental densities from the new equation. The new equation is
strongly ﬁtted to the liquid and vapor densities of Mondejar et al. (2015), and the data are accurately represented; typical deviations in calculated values are 0.01 % for the liquid densities
and 0.03 % for the vapor densities, except in the critical region where deviations over 0.05 % are
sometimes observed due to larger experimental uncertainties. Recent measurements by Romeo
et al. (2017) and by Fedele et al. (2018) are ﬁtted with smaller weighting factors. These data agree
with the new equation within their experimental uncertainties. The ﬁrst equation shows similar
trends and deviations in the vapor pressure and density, but with the use of the data of Fedele et
al. (2018) the upper bound of validity in pressure is extended up to 35 MPa in the new equation,
which was limited to 24 MPa in the ﬁrst equation.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1695

Figure 2: Deviations in experimental densities from calculated values with the
new equation of state: (■) Mondejar et al. (2015) (Liquid), (⊞) Mondejar et al.
(2015) (Vapor), (+) Romeo et al. (2017), (△) Fedele et al. (2018)

Figure 3: Deviations in experimental vapor-phase sound speeds from calculated values with the equations of state: (⊞) Mondejar et al. (2015)

3.3 Sound Speed
Fig. 3 shows deviations in experimental data for speed of sound in the vapor phase from the ﬁrst
and new equations. The ﬁrst equation represents the data of Mondejar et al. (2015) within their
uncertainties at temperatures below 350 K and pressures up to 0.6 MPa, but at higher temperatures and pressures deviations become positive up to 0.45 %. On the other hand, deviations from
the new equation are always negative and more scattered and become larger as temperature and
pressure increase. The deviations at the highest pressure are much greater than the experimental
uncertainties; whether this is due to an experimental problem or is an artifact of the equation of
state is still under investigation (see additional information in the conclusions).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1696

Figure 4: Deviations in experimental liquid-phase sound speeds from calculated values with the equations of state: (△) Lago et al. (2018), (■) McLinden
and Perkins (2019)

Deviations in liquid-phase sound speeds from the ﬁrst and new equations are shown in Fig. 4. The
ﬁrst equation always shows systematic positive deviations up to 1.8 % for the data of McLinden
and Perkins (2019) because it was developed without liquid-phase sound speed data. The data of
Lago et al. (2018) agree more with the ﬁrst equation, but its averaged deviation (0.17 %) exceeds
their experimental uncertainties. The new equation is ﬁtted to the data of McLinden and Perkins
(2019), and they are represented almost within their uncertainties. Conversely the data of Lago et
al. (2018) show systematic negative deviations; the maximum deviation is about −0.7 %.

4. EXTRAPOLATION BEHAVIOR OF THE NEW EQUATION OF STATE
In order to verify the behavior of equations of state in regions away from the available experimental data, several plots are useful that depict constant property lines on various thermodynamic
coordinates. Two symbolic examples of such plots are given here.
Fig. 5 shows plots of the second, third, and fourth virial coefﬁcients (B, C , and D ) calculated from
the new equation of state. B and C should go to negative inﬁnity at zero temperature, pass though
zero at a moderate temperature, increase to a maximum, and then approach zero at extremely high
temperatures. The theoretical trend in D is slightly different from those of B and C at temperatures
higher than the ﬁrst maximum. There should be a second maximum that is smaller in magnitude
than the ﬁrst maximum, and D should decrease to zero at very high temperatures.
Fig. 6 shows a plot of the phase identiﬁcation parameters (PIP) deﬁned by Venkatarathnam and
Oellrich (2011) versus temperature. The PIP is given by the equation
( 2 ) 
 ∂ 2p
∂ p 

 ∂ρ∂T
∂ρ 2 

) − ( )T .
PIP = 2 − ρ  (
Eq. (5)
 ∂p

∂p


 ∂T
∂ρ T 
ρ
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Figure 5: Second, third, and fourth virial coefﬁcients (B, C , and D ) calculated
from the new equation of state.

Figure 6: Phase identiﬁcation parameter versus temperature along the saturation lines and isobars at 0.1, 0.5, 1, 3, 5, 10, 50, 100, and 1000 MPa.

This parameter is often used to inspect the behavior of equations of state. Lemmon et al. (2019)
presents requirements for a physically correct PIP outside the valid range of an equation of state.
The saturation lines and isobars in Fig. 6 mostly meet the requirements.

5. CONCLUSIONS
The new equation of state is mainly ﬁtted to the experimental data for vapor pressures, densities,
and vapor-phase sound speeds of Mondejar et al. (2015) and those for liquid-phase sound speeds
of McLinden and Perkins (2019). For the vapor pressures and densities, typical deviations in
calculated values with the new equation are similar to those with the ﬁrst equation; however,
deviations in the liquid-phase sound speeds from the new equation are considerably smaller than
those from the ﬁrst equation. For the vapor-phase sound speeds, systematic negative deviations
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019
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up to 0.7 % are observed in calculated values from the new equation, whereas deviations from the
ﬁrst equation show systematic positive deviations up to 0.45 %. These deviations become larger
as temperature and pressure increase.
The data for vapor-phase sound speed of Mondejar et al. (2015) may include some data points
inconsistent with other experimental data, particularly with the vapor pressures. Vapor-phase
sound speeds are directly related to heat capacities, and very high accuracies in calculated values
are required to obtain reliable values for energy (i.e., enthalpy differences in the superheated vapor
region). We plan to make additional measurements of vapor pressures and vapor-phase sound
speeds before obtaining the ﬁnal equation of state.
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NOMENCLATURE
a
C

molar Helmholtz energy (J mol−1 )
third virial coefﬁcient (dm6 mol−2 )

B
c p◦

D
PIP
p0
R

fourth virial coefﬁcient (dm9 mol−3 )
phase identiﬁcation parameter
reference pressure (MPa)
universal gas constant
(8.3144598 J mol−1 K−1 )
reference temperature (K)
sound speed (m s−1 )
ideal-gas part of α
reduced density
ideal-gas density at (T0, p 0 )
inverse reduced temperature

M
p
pc
T

second virial coefﬁcient (dm3 mol−1 )
ideal-gas isobaric heat capacity
(J mol−1 K−1 )
molar mass (g mol−1 )
pressure (MPa)
critical pressure (MPa)
temperature (K)

Tc
α
αr
ρ
ρc

critical temperature (K)
dimensionless Helmholtz energy
residual part of α
density (mol dm−3 )
critical density (mol dm−3 )

T0
w
α◦
δ
ρ0
τ
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ABSTRACT
LiBr, LiNO3 and NaOH are three widely used additions that can significantly improve the performance
of ammonia absorption heat pump cycle. To compare the enhancements of using different additions,
Aspen plus process monitor is applied to simulate the performance of ternary NH3-H2O-salt
absorption heat pump. The results indicate LiBr heighten the performance most, 16.52% higher than
ternary cycle. However, the existence of additions has an adverse effect on absorption process
because it decreases the absorption capacity of the ternary working fluid. To avoid the negative
effect, electrodialysis technique is employed to separate additions from absorber to generator. The
new models of NH3-H2O-salt absorption heat pump combined with electrodialysis device are
established and simulated in Aspen plus process monitor. The results show that, LiBr can increase
the COP of new absorption heat pump cycle up to 12.36%, highest in the three additions compared
with traditional cycle.
Keywords: Ammonia Absorption Heat Pump, Ternary Working Fluid, Electrodialysis, Aspen Plus
Process Monitor.

1. INTRODUCTION
With the rapid increase of energy consumptions and environment pollution problems appearance
under the social development, it’s a key issue that exploiting low-grade heat such as industrial waste
heat in heat pump field efficiently. Absorption heat pump, with its unique advantages that can use
low-grade heat source and apply nature refrigerants rather artificially manufactured CFCs, which
have less negative effects on ozone layer and meet the environment protection needs, is coming
into more people’s vision (Abed et al., 2017). It’s vital to investigate how to promote the COP of
absorption heat pump cycle and expend its scope of applications.
Ammonia-water, as one main working pair in absorption chilling, cooling, heating, dehumidification
fields, has its advantages and disadvantages. Ammonia can evaporate under freezing point,
however, the high working pressure, distillation heat requirement and huge device volume limit the
performance of ammonia-water absorption heat pump and popularize to utilization (Zheng et al.,
2014). Researchers have done plenty of work on overcoming these disadvantages, it is a convenient
way that adding the third substance in NH3-H2O solution to decrease the rectification heat demand
and equipment volume (Wu et al., 2011). Åhlby et al. (1993) theoretically calculated the COP of NH3H2O-LiBr compression/absorption refrigeration cycle at 60% mass fraction of LiBr and the results
indicate the COP of ternary solution cycle was promoted at most 10%. Hernández-Magallanes et al.,
(2014) applied NH3-H2O-LiNO3 ternary solution in a 3kW single-stage absorption cooling
experiments, the results show that the COP varies between 0.45 to 0.7 when the generating
temperature changes from 85°C to 105°C and obtaining 1.1°C to 12.5°C cold water. Steiu et al.,
(2009) studied the effect of alkaline hydroxides on the performance of ammonia absorption chiller,
and the results propose that the COP increases by 28% for the 12% mass fraction of NaOH in
solution.
However, all of these additions will prevent weak solution absorbing ammonia molecules which has
contrary influence on the performance of absorption cycle (Wu et al., 2006). To take advantages of
the ability of the additions that shift the chemical equilibrium toward effective separation of ammonia
from aqueous solution, Balamuru et al., (2000) and Bruno et al(2005) used reverse osmosis
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membrane as the separation device between generator and absorber to depart NaOH in absorber.
Electrodialysis technique is a common method in seawater desalination industry, and Liang et al.,
(2017) put forward a new ternary solution absorption chiller cycle which combined electrodialysis
device with traditional cycle to separate LiBr from weak solution stream to strong stream after heat
exchange process.
The aim of this paper is to compare the performance increase ability by using three different additions
respectively in traditional ammonia-water absorption heat pump. Moreover, the new absorption heat
pump cycle model combined with electrodialysis device is proposed so as to clarify whether the
separation device has opponent effect on performance and the increase ability of the new cycle,
besides, the optimal addition in three alternatives is selected by the model.

2. MODELING AND ANALYSIS OF TERNARY SOLUTION ABSORPTION HEAT PUMP
CYCLE
In this section, a traditional ammonia-water absorption heat pump cycle is established in Aspen plus
process monitor and a validation of the model is carried out. The performance evaluation of the
traditional absorption heat pump cycle is presented and the simulation results of the performance
increase applied three different additions in working fluid are showed and compared.
2.1.

Simulation of the Traditional Absorption Heat Pump Cycle

The performance of traditional NH3-H2O-salt absorption heat pump system is simulated by Aspen
plus, a commercial process monitor used in chemical industry and absorption refrigeration/heat
pump simulation fields. The COP of the traditional cycles with four working pairs (NH3-H2O, NH3H2O-LiBr, NH3-H2O-LiNO3, NH3-H2O-NaOH) are compared with each other. Table 1 gives the main
simulation working condition parameters and Table 2 gives the blocks besides the parameters set
used in Aspen plus modules. Fig.1 illustrates the traditional absorption heat pump cycle.
Table 1. Main design parameters of absorption heat pump cycle

Parameter
Generation temperature

value
393.15K

Generation pressure

1.5Mpa

Evaporation temperature
NH3 concentration at the outlet of absorber

263.15K
50%/55%/60%

Addition concentration

5%/10%/15%/20%/25%/30%

Condensation temperature
Heat exchange efficiency

298.15K
0.85

Pump efficiency
heat and electrical energy transform efficiency

0.7
0.4

2

3
CON

4
VALVE1

EVA

GEN

10

6

1

11

9

ABS2

SHX

8

PUMP
12

ABS1
7
VALVE2

Figure 1: Traditional NH3-H2O-salt absorption heat pump cycle (cycle 1)
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Table 2. Main monitors used with input parameters in Aspen plus

Module Name

Monitor Type

GEN

Radfrac-FRACT2

CON

Heat exchanger-Heater

EVA

Heat exchanger-Heater

ABS

Heat exchanger-Heater

PUMP

PUMP

SHX

HeatX

VALVE1/2

VALVE2

Input Parameters
Input solution flow rate
Reflux mass ratio
Distillation mass ratio
Outlet tempture
Vapor fraction
Outlet tempture
Vapor fraction
Outlet tempture
Vapor fraction
Discharge pressure
Exchange area
U valve
Outlet pressure

To test and verify the accuracy of the NH3-H2O-salt absorption refrigeration cycle, a NH3-H2O-NaOH
traditional absorption cycle is established to compare with the simulation results from Steiu et al.,
(2011). The comparison results are showed in table 3, and the results indicate that the errors are
less than 2% under the same working conditions, therefore, the model is credible to absorption cycle
simulation. The COPs of the absorption refrigeration cycle are calculated by Eq. (1) ：

COP =

Qeva
Qgen + Qpump

Eq. (1)

Table 3. Model verification results between this paper and ref

Mass fraction of NaOH
COP of this paper
COP of Steiu et al
error
2.2.

0
0.4818
0.4860
0.872%

5%
0.5534
0.5554
0.367%

10%
0.5822
0.5934
1.92%

15%
0.6184
0.6103
1.31%

Performance Analysis

The initial mass fractions of NH3, LiBr, LiNO3 and NaOH are the mass fraction in binary or ternary
solutions that come from the outlet stream of absorber. It is defined as follows (Wu et al., 2011):

wNH3 =
wadd =

mNH3
mNH3 + mH 2O
madd
madd + mH 2O

Eq. (2)

Eq. (3)

Because of the different NH3 concentration in outlet of absorption under the same working
temperature and pressure, the solution flow at the outlet of generator and the pure ammonia flow
are different, which lead to different refrigerating capacities and heat duty. To evaluate the heat pump
cycle impartially, COP is selected to be the index for performance comparison. The COP of the
binary/ ternary absorption heat pump cycle is defined as Eq. (4) and Eq. (5):

COP =

Qabs + Qcon
Qgen + Qpump
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Qpump =

Ppump

x

×t

Eq. (5)

2.3. Simulation Results of the COP vs Different Working Fluids
The simulation results of the COP vs different working fluid for traditional absorption heat pump cycle
are list in Table 4. In this part of simulation, the mass fractions of additions are set from 0 to 30%
because it has been proved that the addition of salts or alkali can increase the performances of the
absorption refrigeration/heat pump cycle.
Table 4. COP comparison of traditional cycle with different additions (NH3 concentration is 50%)

Mass fraction of
addition(%)
LiBr

Increase of COP(%)
LiNO3
Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

25

30

1.458
\
1.458
\
1.458
\

1.498
2.713
1.489
2.090
1.504
3.147

1.548
6.154
1.502
2.969
1.533
5.159

1.595
9.410
1.516
3.955
1.554
6.601

1.634
12.081
1.523
4.450
1.570
7.677

1.673
14.720
1.511
3.641
1.559
6.918

1.699
16.523
1.506
3.255
1.557
6.770

Table 5. COP comparison of traditional cycle with different additions (NH3 concentration is 55%)

Mass fraction of
addition(%)
LiBr
Increase of COP(%)
LiNO3
Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

25

30

1.492
\
1.492
\
1.492
\

1.518
1.723
1.512
1.314
1.524
2.125

1.547
3.660
1.519
1.794
1.543
3.365

1.599
7.060
1.526
2.270
1.556
4.273

1.637
9.653
1.531
2.608
1.565
4.864

1.676
12.305
1.527
2.283
1.571
5.249

1.709
14.482
1.526
2.226
1.574
5.457

Table 6. COP comparison of traditional cycle with different additions (NH3 concentration is 60%)

Mass fraction of
addition(%)
LiBr
Increase of COP(%)
LiNO3

Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

25

30

1.541

1.562

1.592

1.625

1.673

1.708

1.736

\

1.383

3.294

5.447

8.559

10.824

12.685

1.541
\
1.541

1.489
1.058
1.504

1.502
1.492
1.533

1.516
1.740
1.554

1.523
1.853
1.570

1.511
1.894
1.559

1.506
1.854
1.557

\

1.769

2.727

3.421

3.919

4.212

4.780

When the mass fraction of NH3 is 50%, the maximum increases of LiBr, LiNO3, NaOH are 16.523%,
4.450% and 7.677% respectively. When the concentration is 5%, NaOH promotes COP most which
is 3.147% higher than binary cycle. LiBr is more efficient to improve COP when the mass fraction
exceeds 5% and the maximum COP is 16.523 and the mass fraction of LiBr is 30% at this time.
LiNO3 can promote the COP up to 1.523 when the mass fraction is 20% and the COP decreases
when keep raising the concentration. NaOH can increase the performance better than LiNO3 but
worse than LiBr.
When the mass fraction of NH3 is 55%, the maximum increase of LiBr, LiNO3, NaOH is 14.482%,
2.608% and 5.457% respectively. When the concentration is 5%, NaOH promotes COP most which
is 2.125% higher than binary cycle. LiBr is more valid to improve COP when the mass fraction
exceeds 5% and the maximum COP is 1.709 and the mass fraction of LiBr is 30% at this time. LiNO3
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can promote the COP up to 1.531 when the mass fraction is 20% and the COP decreases when
keep raising the concentration over 20%.
When the mass fraction of NH3 is 60%, the maximum increase of LiBr, LiNO3, NaOH is 12.685%,
1.894% and 4.780% respectively. When the concentration is 5%, NaOH promotes COP most which
is 1.769% higher than binary cycle. LiBr is more valid to improve COP when the mass fraction
exceeds 5%. LiNO3 can promote the COP up to 1.523 when the mass fraction is 20%.
Generally speaking, the results indicate that all of these three additions can promote the performance
of absorption heat pump cycle. NaOH has more effect on performance of absorption heat pump
cycle at low addition concentration. However, with the raising of addition mass fraction, LiBr can
increase the COP more than LiNO3 and NaOH under the same working condition. Moreover,
compare the performance between high and low concentration of ammonia, additions can affect
COP more at lower ammonia mass fraction. LiBr, LiNO3 and NaOH as the third addition of working
fluid have positive effect on absorption heat pump system, however, the choose of additions depends
on the working condition, especially the addition mass friction.

3. MODELING AND ANALYSIS OF TERNARY SOLUTION ABSORPTION HEAT
PUMP CYCLE COMBINED WITH ELECTRODIALYSIS TECHNIQUE
In this section, a new ternary working fluid absorption heat pump cycle with electrodiaysis technique
is established in Aspen plus process monitor. The electrodialysis energy consumption calculation
method is introduced and the performance evaluation of the new absorption heat pump cycle is
showed. The simulation results of the performance increase applied three different addition in
working fluid are showed and compared.
3.1

Simulation of the Absorption Heat Pump Cycle with Electrodialysis Device

As the presence of the additions prevents the solution absorbing NH3 in absorber, which has
disadvantage on the COP of the absorption, separating additions in weak solution from absorber to
generator before additions flow into the absorber is one effective method to promote the COP of the
ternary absorption heat pump cycle further. Electrodialysis technology is put forward to achieve this
separation process, which is widely researched and applied in brackish water desalination and water
treatment fields (Mohammadi and Kaviani, 2003). The electrodialysis technique is composed of a
pair of positive and negative electrodes, pairs of cation and anion exchange membranes (Fig. 2)
(Liang et al., 2017). The pairs of ion exchanges membranes placed alternately to divide the
equipment into several solution rooms, the weak and strong solutions are sent in two adjacent rooms
waiting to achieve ion exchange.
Cell pair

To generator

Li+

+

Li+

Concentration
room

Weak room

-

BrAM To absorber CM
CM
Figure 2: Structure of electrodialysis device

The model of the new ternary absorption heat pump cycle with electrodialysis device is shown in Fig.
3, which is established based on the conventional cycle (cycle 1) and the new cycle includes the
electrodialysis device and all other components in cycle 1. The design parameters of the working
conditions in the new cycle are same as the traditional cycle. Due to the results from part 2, the
promotions of the performance by adding the third components rise up during the mass fraction from
0 to 20%, the ranges of the addition concentrations are set to 0 to 20%.The module applied for
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electrodialysis device is the sep2 and the input data is the separation rate is set at 99% according to
the paper from (Yue et al., 2018). The other modules are same with cycle 1.
2

3

4

CON

VALVE1

EVA

GEN

6

5
11

1
13

SHX

ABS2

PUMP

12

7

10

ABS1

ED

VALVE2
8

9

Figure 3: New ternary absorption refrigeration cycle combined with electrodialysis device (cycle 2)

3.2

Performance Analysis

Eqs. (2) and (3) are used to calculate the mass friction of NH3 and LiBr in new cycle as well. The
COP of the new NH3-H2O-LiBr ternary absorption refrigeration cycle is defined as Eqs. (5) (6) and
(7):

COP =
Qed =

Qabs + Qcon
Qgen + Qpump + Qed

Ped

x

×t

Eq. (6)

Eq. (7)

The same electrodialysis device applied in the separation of addition in ternary solution, the power
of the electrodialysis is calculated in limit current density model (Xiao-yang et al., 2018), the Eqs. are
(8) to (10):

I lim = 0.0055979Cdi v 0.66

Eq. (8)

U p = 0.065Cdi 0.1589v0.67

Eq. (9)

v=
3.3

106 q
3600 NtW

Eq. (10)

Simulation Results of COP Applying New Cycle

The simulation results of the COP applied new cycle are listed in Table 5, and the comparisons
between different additions are presented as well.
From the chart, the electrodialysis device can improve the COP of absorption heat pump cycle further
in each concentration of NH3 and additions. With the increase of additions mass frictions in the
working fluid, the COPs of new absorption heat pump cycles are higher than the conventional cycle
and the improvement. LiBr can lift the COP up to 1.639, 12.363% higher than traditional cycle when
the mass fraction of NH3 is 50% and LiBr is 20%. Compare Table 4 and Table 5, electrolysis is
beneficial to all three kinds of additions especially to LiNO3. Although the electrodialysis device
consumes power, the proceeds by save energy in generator and absorber are more significant for
the absorption heat pump cycle.
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Table 7. COP comparison of new cycle with different additions(NH3 concentration is 50%)

Mass fraction of
addition(%)
LiBr
Increase of COP(%)
LiNO3
Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

1.458
\

1.551
6.382

1.578
8.179

1.609
10.360

1.639
12.363

1.458
\

1.542
5.762

1.560
6.985

1.569
7.588

1.566
7.407

1.458
\

1.555
6.650

1.573
7.869

1.591
9.086

1.604
10.025

Table 8. COP comparison of new cycle with different additions (NH3 concentration is 55%)

Mass fraction of
addition(%)
LiBr

Increase of COP(%)
LiNO3
Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

1.493

1.608

1.632

1.656

1.675

\
1.493
\
1.493
\

7.746
1.592
6.693
1.592
6.650

9.326
1.588
6.421
1.608
7.712

10.970
1.591
6.596
1.630
9.186

12.209
1.588
6.413
1.632
9.372

Table 9. COP comparison of new cycle with different additions (NH3 concentration is 60%)

Mass fraction of
addition(%)
LiBr

Increase of COP(%)
LiNO3
Increase of COP(%)
NaOH
Increase of COP(%)

0

5

10

15

20

1.541
\
1.541
\
1.541
\

1.626
5.535
1.625
5.432
1.626
5.498

1.642
6.593
1.641
6.493
1.640
6.408

1.658
7.635
1.608
4.334
1.651
7.172

1.673
8.618
1.621
5.219
1.655
7.415

4. CONCLUSIONS
Adding LiBr, LiNO3 and NaOH to NH3-H2O working solution promotes the performance of absorption
heat pump cycle, because of their benefits to generation process. But the presence of additions has
negative influence on ammonia absorption process. In the traditional cycle, LiBr has better results
on COP increase compared with LiNO3 and NaOH at 50% to 60% mass fraction of ammonia and 0
to 30% mass fraction of additions. Electrodialysis technique is useful to ease even eliminate the
negative effect of additions on absorption process, so that the new ternary solution absorption heat
pump cycle with electrodialysis has better performance than binary cycle and traditional ternary
working fluid absorption cycle.
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NOMENCLATURE
C
m
p
q
U
t

Salt mass fraction in solution (g/L)
Mass flow (kg/h)
Pressure (mPa)
solution flow (m3/h)
Voltage (V)
Thickness of partition (cm)

W

Width of partition (cm)

ABS
CON
GEN
SHX
ED
di

Absorber
Condenser
Generator
Solution heat exchanger
Electrodialysis device
Electrodialysis device inlet solution

I
N
P
Q
T
v

Current (A)
Number of membranes
Power (kW)
Heat (kJ)
temperature (K)
Solution velocity (cm/s)
Efficiency
of
thermal
energy
ξ
transforming to electrical energy
COP
Coefficient of performance
EVA
Evaporator
PUMP Solution pump
VALVE Valve
lim
Limitation
add
Addition

REFERENCES
Abed, A.M., Alghoul, M.A., Sopian, K., Majdi, H.S., Al-Shamani, A.N., Muftah, A.F., 2017.
Enhancement aspects of single stage absorption cooling cycle: A detailed review. Renewable
and Sustainable Energy Reviews 77, 1010–1045.
Åhlby, L., Hodgett, D., Radermacher, R., 1993. NH3/H2OLiBr as working fluid for the
compression/absorption cycle. International Journal of Refrigeration.
Balamuru, V.G., Ibrahim, O.M., Barnett, S.M., 2000. Simulation of ternary ammonia-water-salt
absorption refrigeration cyclesSimulation des cycles frigorifiques à absorption à ammoniac /
eau / sel. International Journal of Refrigeration 23, 31–42.
Hernández-Magallanes, J.A., Domínguez-Inzunza, L.A., Gutiérrez-Urueta, G., Soto, P., Jiménez,
C., Rivera, W., 2014. Experimental assessment of an absorption cooling system operating
with the ammonia/lithium nitrate mixture. Energy 78, 685–692.
Liang, Y., Li, S., Yue, X., Zhang, X., 2017. Analysis of NH3-H2O-LiBr absorption refrigeration
integrated with an electrodialysis device. Applied Thermal Engineering 115, 134–140.
Mohammadi, T., Kaviani, a., 2003. Water shortage and seawater desalination by electrodialysis*1.
Desalination 158, 267–270.
Steiu, S., Martínez-Maradiaga, D., Salavera, D., Bruno, J.C., Coronas, A., 2011. Effect of alkaline
hydroxides on the vapor-liquid equilibrium of ammonia/water and the performance of
absorption chillers. Industrial and Engineering Chemistry Research. 50, 13037–13044.
Steiu, S., Salavera, D., Bruno, J.C., Coronas, A., 2009. A basis for the development of new
ammonia-water-sodium hydroxide absorption chillers. International Journal of Refrigeration.
32, 577–587.
Wu, T., Wu, Y., Yu, Z., Zhao, H., Wu, H., 2011. Experimental investigation on an ammonia-waterlithium bromide absorption refrigeration system without solution pump. Energy Conversion
and Management. 52, 2314–2319.
Wu, Y., Chen, Y., Wu, T., 2006. Experimental researches on characteristics of vapor-liquid
equilibrium of NH3-H2O-LiBr system. International Journal of Refrigeration. 29, 328–335.
Xiao-yang, Y., Shu-hong, L., Meng-kai, X., Yan-jun, L., Kai, D., Liu, Y., 2018. Experimental study of
ternary NH3-H2O-LiBr absorption cycle combined with membrane separation technique.
Sustainable Cities and Society. 40, 728–734.
Zheng, D., Dong, L., Huang, W., Wu, X., Nie, N., 2014. A review of imidazolium ionic liquids
research and development towards working pair of absorption cycle. Renewable and
Sustainable Energy Reviews. 37, 47–68.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1708

Manuscript ID: 1508
DOI: 10.18462/iir.icr.2019.1508

Analysis of the arrangement and effects of air layer in external
thermal insulation walls in hot summer and cold winter zone in
China
Chengcheng XU(a), Shuhong LI(a), Kaikai ZOU(a), Kai DU(a)
(a)

School of Energy and Environment, Southeast University
Nanjing, 210096, China, 230169329@seu.edu.cn

ABSTRACT
With the rapid development of economy and urbanization, human beings are facing a great challen
ge of environmental pollution and energy shortage. To reduce energy consumption of HVAC in buil
dings, thermal insulation and air layers are often utilized to reduce heat transfer through the buildin
g envelope in Hot Summer and Cold Winter (HSCW) zone in China. To investigate heat transfer ch
aracteristics of external thermal insulation walls with air layers, a coupled heat and moisture transfe
r model of one-dimension wall was established. The relative humidity and temperature distribution
of four types of envelope structures with air layers at three different interfaces or without air layers
was simulated. The condensation and heat transfer characteristics were analysed, and the results
show that the best arrangement configuration is provided by creating an air layer inside of the wall (
Interface 3). The condensation and heat transfer characteristics of the wall are related. The more s
erious the condensation phenomenon is, the greater the heat transfer of the wall will be.
Keywords: Air layer, Condensation Characteristics, Heat Transfer, Application Effects.

1. INTRODUCTION
In recent years, architects are facing the crucial task of reducing energy consumption in buildings.
The energy consumption of buildings accounts for more than 30% of total energy consumption all o
ver the world (Berardi, 2017). Furthermore, the energy consumption associated with the envelope i
s an important factor with respect to the energy consumption of buildings (Liu et al, 2015). Therefor
e, improving the performance of the envelope is vital to realize the energy conservation (Cho et al,
2017).
In recent years, air layers have often been installed to envelop the structures of existing buildings f
or building optimization in China (Wang and Yan, 2004). The application of the air layer not only re
duces the energy consumption of HVAC systems (Chowdhury, 2008), but also creates a comfortab
le indoor environment for people (AM., 2007). At present, the thermal insulation layer and air layer
arrangement system in North China is also used in South China (You et al, 2017). The difference o
nly lies in the reduction of the thermal insulation layer thickness, with no great difference in technol
ogy (Zhao et al, 2001). This direct application does not consider the local climate in South China, w
hich may affect usage effect. Therefore, it is important to develop appropriate techniques that can a
chieve the best applying effects of air layer (Li et al, 2017).
Up to now, many scholars have carried out a lot of research on the air layers (Saadatian et al, 2012
), but these studies are carried out from the perspective of heat transfer only (Krueger E. et al, 201
3). However, the distribution of relative humidity will significantly affect the heat transfer of the wall (
Zamora B and Kaiser AS, 2009). When considering the moisture effect inside walls, building energ
y consumption will be 4.4% higher (Moon H J et al, 2014). Mendes’s (2003) investigation shows tha
t ignoring the influence of moisture transfer may underestimate the yearly integrated heat flux up to
59%. Therefore, to improve the accuracy of this research, both the moisture and heat transfer char
acteristics of different types of envelope structures with air layers at three different interfaces or wit
hout air layers are analysed and compared in this paper. A coupled heat and moisture transfer mod
el of a one-dimensional wall with temperature and relative humidity (RH) as the driving potential is
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established and verified. 4 types of external thermal insulation (ETI) walls with air layers at three dif
ferent interfaces or without air layers are simulated and compared.

2. THE COUPLED HEAT AND MOISTURE TRANSFER MODEL
2.1.

Construction of the Model

2.1.1. Moisture transfer equation
According to the law of conservation of mass, the moisture transfer equation is expressed as Eq(1)
∂ ( ρu )
Eq. (1)
= −∇ ( J + J )
v

∂t

l

u is determined by the isothermal absorption and desorption curve of the material (Zhou et al, 2008
). The balanced moisture content of the material is u = f (ϕ )(Gao et al, 2012), and the following rela
tion can be obtained:

Eq. (2)

∂ ( ρu )
∂u
∂u ∂ϕ
∂ϕ
=ρ
=ρ
= ρξ
∂t
∂t
∂ϕ ∂t
∂t

According to Fick's law and Darcy's law, the diffusion flux of vapour and liquid water are as follows:
∂Pv
Eq. (3)
J = −D
v

v

∂x
∂Pl
J l = − Dl
∂x

Eq. (4)

The gradient of the partial pressure of water vapour can be transformed as follows:
∂ (ϕ Pv , s )
∂P ∂T
∂Pv
∂ϕ
=
= Pv , s
+ ϕ v,s
∂x
∂x
∂x
∂T ∂x

Eq. (5)

The partial pressure of saturated vapour is a uniform function of temperature:
Pv, s = f (T )

The capillary pressure Pl of liquid water is as follows:

Eq. (7)

Pl = ρl RvT ln (ϕ )

According to above, the moisture transfer equation can be obtained as follows:
ρξ

∂Pv , s
⎞ ∂T ⎤
∂ϕ
∂ ⎡⎛
T ⎞ ∂ϕ ⎛
=
+ ⎜ Dvϕ
+ Dl ρl Rv ln (ϕ ) ⎟
⎢⎜ Dv Pv , s + Dl ρl Rv
⎥
∂t
∂x ⎣⎝
∂T
ϕ⎟
⎠ ∂x
⎝
⎠ ∂x ⎦

2.1.2. Heat transfer equation
According to Fourier’s law, the following heat transfer equation can be obtained.
ρc

∂T
∂ ⎛ ∂T
=
⎜λ
∂t
∂x ⎝ ∂x

Eq. (6)

⎞
⎟+s
⎠

Eq. (8)

Eq. (9)

During heat and moisture transfer in the wall, the heat source is mainly the phase change heat.
∂J
Eq. (10)
s = −L v
∂x

According to Eqs. 3, 5, 6, 9, and 10,
ρc

∂Pv , s ⎞ ∂T ⎤ ∂ ⎛
∂T
∂ ⎡⎛
∂ϕ ⎞
=
⎢⎜ λ + LDvϕ
⎥+
⎟
⎜ LDv Pv , s
⎟
∂t
∂x ⎣⎝
∂T ⎠ ∂x ⎦ ∂x ⎝
∂x ⎠

Eq. (11)

2.1.3. Coupled heat and moisture transfer equation
The heat and moisture transfer is influenced by the relative humidity and the temperature gradient.
In conjunction with the two equations, the coupled heat and moisture transfer equation is obtained.
⎧
∂ϕ
∂ ⎡
∂ϕ ⎤
∂ ⎡
∂T ⎤
Eq. (12)
=
⎪ aϕ (ϕ , T )
⎢ Dϕϕ (ϕ , T )
⎥+
⎢ DϕT (ϕ , T )
⎥
∂t
∂x
⎪
⎨
⎪ a (T , ϕ ) ∂T = ∂
T
⎪
∂t
∂x
⎩

∂x
⎣
∂T
⎡
DTT (T , ϕ )
⎢
∂x
⎣

∂x ⎦
⎦ ∂x ⎣
∂ ⎡
∂ϕ ⎤
⎤
+
DT ϕ (T , ϕ )
⎥
∂x ⎥
⎦ ∂x ⎢
⎣
⎦

The empirical formula for the partial pressure Pv,s of saturated water vapour is as follows (Mendes
N. et al, 2002):
⎛ 17.268 (T − 273.15 ) ⎞
Eq. (13)
⎛ 17.268t ⎞
P = 610.5exp
= 610.5exp
v,s

⎜
⎟
⎝ 237.3 + t ⎠

⎜
⎝

T − 35.85

⎟
⎠
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The formula for calculating the gasification latent heat of water vapour is as follows (Zhao et al, 200
9):
Eq. (14)
L = ( 2500 − 2.35t ) ×103 = (1858.9025 − 2.35T ) ×103 (J/ kg)
According to the BET equation (Richards R F et al, 2014), u can be calculated.
aϕ
Eq. (15)
u=
( kg / kg )
(1 + bϕ )(1 − cϕ )
u reflects the moisture capacity of materials. Physically, this moisture content refers to the quality o
f water and water vapour contained in a material of unit mass. Dv embodies the rate of diffusion of
water vapour in a wall (Fanney H. et al, 1991). According to Li et al. (2009), Dv is as follows:
Eq. (16)
Dv = d + e ⋅ ϕ f
2.2.

Validation of the Model

Python language and the finite volume method was used for programming. To verify the accuracy o
f the model, the experimental data from Talukdar et al. (2007a) (2007b) are compared with numeric
al results.
70

9mm experimental solutions
9mm simulated solutions

Relative humidity / %

65

18mm experimental solutions
18mm simulated solutions

60

55

50

45

Figure 1: Experimental device

0

6

12

18

24

30

36

42

48

Time / h

Figure 2: Simulated and experimental result

Fig. 1 is a diagram of the device designed for the experiment using spruce plywood. The spruce ply
wood had dimensions of 600×280×27 mm (Length × Width × Thickness). The initial temperature w
as 23 °C, and the initial RH was 50%. The upper side boundary conditions of the spruce plywood w
ere kept at 23.1 °C and the RH at 85%. The lower side boundary of the spruce plywood was the ap
proximate insulation interface.
The program was run according to the above mentioned physical parameters, initial conditions and
boundary conditions, and the relative humidity distribution at each interface over 48 hours was obt
ained. The relative humidity simulation results were compared with experimental results at thicknes
ses of 9 mm and 18 mm; the results are shown in Fig. 2. The comparison between the experimenta
l and simulated data further proved the accuracy of the model and the program.

3. METHODOLOGY
3.1.

Outdoor and Indoor Boundary Conditions

Climatic divisions for building design divide China into the following five zones. In this paper, Nanjin
g is taken as the representative city of the HSCW zone. Its annual mean temperature is 15.4 °C, th
e mean temperature of the hottest month in a year is 27.8 °C, and the mean temperature of the col
dest month is 2.4 °C.
Spring is from March 24th to May 25th; summer is from May 26th to September 18th; autumn is fro
m September 19th to November 20th; and winter is from November 20th to March 23rd. The subse
quent seasonal analysis in this paper is based on such a seasonal division standard.
Meteorological data for a typical meteorological year in Nanjing, including temperature, RH and sol
ar radiation, are shown in Fig. 3, which are used as the outdoor boundary conditions. A wall has fo
ur orientations; thus, the hourly value of solar radiation is converted to magnitudes along four direct
ions. Fig. 3 (b) shows the daily total solar radiation in Nanjing. For many occasions, indoor environ
ments with constant temperature and RH must be maintained, such as in a laboratory, precision ins
trument production workshop, and hospital ward. In this paper, constant temperature and RH were
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adopted as indoor boundary conditions. The temperature was held at 22 °C, and RH was held at 6
0%.
Relative humidity / %
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(a) Temperature and relative humidity
(b) Solar radiation
Figure 3: Typical meteorological data of Nanjing

3.2.

Numerical Simulations

All building materials considered in this paper are commonly used in Nanjing. EPS is taken as an e
xample of the thermal insulation layer material. The base materials are clay brick and concrete. Ce
ment mortar is used on both sides of the wall. The wall model in this paper is shown in Fig. 4.
Outdoor

x0

Thermal insulation layer
(80mm)

Cement mortar
(10mm)

Interface 1
Interface 2

Base layer
(240mm)

Interface 3

Cement mortar
(10mm)

xl

Indoor

Figure 4: Overhead view of the ETI walls

The thicknesses of the base layer, insulation layer, cement mortar and air layer are 240 mm, 80 m
m, 10 mm, 15 mm, respectively. It is assumed that the interface of different materials is thin such th
at there is no contact thermal resistance or moisture resistance.
The three interfaces in Fig. 5 are the locations of the air layer. Generally, the locations of the air lay
er are usually divided into the outer side of the wall (Interface 1), the interior side of the wall (Interfa
ce 3) and the interface between the base layer and the thermal insulation layer (Interface 2).
To explore the effect of air layers at different interfaces, 4 types of envelope structures with air laye
rs at 3 different interfaces or without an air layer were simulated for a period of 5 years.

4. RESULTS AND ANALYSIS
4.1.

Condensation Characteristics

According to numerical simulations, the RH distribution of ETI walls with different air layer arrange
ments can be generated. Fig. 5 is the result of ETI walls without an air layer considering or not con
sidering solar radiation. Figs. 6, 7 and 8 are the results of insulation walls with air layer at Interface
3, 2 and 1, respectively. The transverse coordinate is the time axis, from left to right, which represe
nt the time scale of 5 years; the longitudinal coordinate is the spatial axis, from up to down, which r
epresents the distance from the external surface of the wall. The three dotted lines in each figure re
present the interface between different layers. Figs. 9, 10 and 11 show the distribution of average r
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elative humidity in the insulation wall with an air layer at three interfaces during the four seasons of
the whole year.
It can be seen from Fig. 5 that in summer, there is a serious moisture accumulation phenomenon a
t Interfaces 1 and 2, which leads to the high humidity environment and even the phenomenon of de
w in the insulation layer. Under this condition, the relative humidity of the thermal insulation layer is
much higher than that of the base layer. While the RH of the base layer varies slightly, and it is basi
cally in the initial state. In winter, there will be a slight moisture accumulation phenomenon at Interf
ace 3, and the relative humidity at Interface 3 is higher than that in other places.
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Base layer

Thermal insulation layer
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Figure 5: Insulation walls without air layer
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Figure 6: Insulation walls with air layer at Interface 3
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Figure 7: Insulation walls with air layer at Interface 2 Figure 8: Insulation walls with air layer at Interfa
ce 1
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Figure 9: RH distribution (air layer at Interface 3)
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Figure 11: RH distribution (air layer at Interface 1)Figure 12: Heat transfer of the unit area in five years

According to Fig. 5, there is a serious moisture accumulation phenomenon at Interfaces 1 and 2 in
summer, which leads to the high humidity environment and even the phenomenon of dew in the ins
ulation layer. Under this condition, the relative humidity of the thermal insulation layer is much high
er than that of the base layer. While the relative humidity of the base layer varies slightly, and it is b
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asically in the initial state. In winter, there will be a slight moisture accumulation phenomenon at Int
erface 3, and the relative humidity at Interface 3 is higher than that in other places.
Comparing with Figs. 5, 6, 7 and 8, it can be found that only the condensation phenomenon in Fig.
6 has almost no change compared with that in Fig. 5. The condensation of the insulation layers in F
igs. 7 and 8 is more serious than that in Fig. 5. This shows that from the point of view of condensati
on and moisture transfer, setting the air layer at Interface 3 is the best. This can also be found by c
omparing Figs. 9, 10 and 11.
According to Figs. 9, 10 and 11, the relative humidity of insulation layer is the highest in summer, fo
llowed by autumn, followed by spring and the lowest in winter. While the situation of the indoor side
of the insulation wall (Interface 3) is completely opposite. For the majority of the base layer, the dis
tribution of relative humidity keeps stable and unchangeable in the four seasons. The most serious
condensation condition is to set the air layer at Interface 1 according to Figs.8 and 11, followed by
setting the air layer at Interface 2 (Figs. 7 and 10), and the least serious is to set the air layer at Inte
rface 3 (Figs. 6 and 9).
Above all, from the point of view of relative humidity distribution, it is the best to set an air layer at I
nterface 3 of the external thermal insulation wall, and the average relative humidity is the lowest.
4.2.

Heat Transfer Characteristics

According to the simulated hourly temperature distribution of the wall, the hourly quantity of the hea
t transfer between the interior and the internal wall surface can be calculated using Eq. 17.
Eq. (17)
qin = hin (Tsurf ,in − T∞,in ) + LJ v,in

Accumulating the hourly quantity of the heat transfer between the interior and internal wall surface
of the unit area in five years, the results can be obtained as shown in Fig.12. It is obvious that when
solar radiation is considered, the heat transfer of the wall is smaller than that without solar radiatio
n. This is because solar radiation relieves the condensation phenomenon of the ETI walls. Accordin
g to the results of heat transfer calculation, the heat transfer load of the envelope is the smallest wh
en the air layer is set at Interface 3.
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Figure 13: Heat transfer in the four seasons in the fifth year
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In order to further analyze the heat transfer characteristics of the ETI wall, the results of the four se
asons in the fifth year are summarized in Fig. 13. From Fig. 13, in addition to summer, when the sol
ar radiation is not considered, the heat transfer of the wall is greater than that with solar radiation, w
hich indicates that in summer, the solar radiation is not conducive to weakening the heat transfer th
rough the wall and reducing the cooling load of the building. Therefore, building shading measures
are needed in summer. In other seasons, building shading measures can be considered to be remo
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ved. As can be seen from Table. 1, when the solar radiation is considered, the heat transfer per uni
t area of the wall will decrease by 18.17% annually when the air layer is set at Interface 3. Interface
2 decreased by 16.72% while Interface 1 decreased by 15.69%. When solar radiation is not consid
ered, it is the same trend.
Table. 1 Heat transfer in the fifth year

The quantity of heat transfer
kJ·m-2
Air layer (Interface 3)
65844.81
Air layer (Interface 2)
67014.69
With solar
radiation
Air layer (Interface 1)
67843.66
Without an air layer
80466.83
Air layer (Interface 3)
82744.17
Air layer (Interface 2)
83126.94
Without solar
radiation
Air layer (Interface 1)
83775.57
Without an air layer
99850.14
Therefore, setting the air layer at Interface 3 can reduce the heat transfer load of the envelope mos
t. The second is at Interface 2, and the least is at Interface 1, which corresponds to the condensatio
n characteristics. The more serious the condensation is, the greater the heat transfer will be.
Conditions

Envelope arrangement

5. CONCLUSIONS
This paper focuses on the condensation and heat transfer load of building envelopes that contain in
sulation layers and air layers. According to numerical simulations and analysis, the condensation a
nd heat transfer characteristics of ETI walls are closely related and show a consistent conclusion.
(1) The condensation characteristics of the wall are related to its structural characteristics. The con
densation characteristics of walls with different insulation arrangement configurations are different.
When the air layer is set at Interface 3, the condensation is the least. It is the best to set an air laye
r at Interface 3 of the ETI wall in Nanjing, and the average relative humidity is the lowest.
(2) From the perspective of the heat transfer considering the moisture transfer, setting the air layer
at Interface 3 can reduce the heat transfer load the most. The second is at Interface 2, and the leas
t is at Interface 1, which corresponds to the condensation characteristics of them. The more serious
the condensation is, the greater the heat transfer will be. Therefore, it is recommended to set the a
ir layer on the interior side of the wall (Interface 3) in Nanjing.
(3) From the perspective of the transmission load through the envelope of buildings, it is necessary
to adopt shading measures in Nanjing in summer, but shading measures will increase the air-cond
itioning load in spring, autumn and winter, which is not conducive to building energy saving.
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NOMENCLATURE
ρ

Density of materials (kg·m-3)

Dv

u

Balanced moisture content of materials
(kg·kg-1)
Diffusion flux of water vapour (kg·m-2·s-1)
Diffusion flux of liquid water (kg·m-2·s-1)
Slope of moisture absorption and
liberation curve of materials
Relative humidity (%)

Dl

Jv
Jl
ξ
φ

Pl
Pv,s
Rv
c

Penetration coefficient of water vapour
(kg·Pa-1·m-1·s-1)
Penetration coefficient of liquid water
(kg·Pa-1·m-1·s-1)
Capillary pressure of liquid water (Pa)
Partial pressure of saturated vapour (Pa)
Gas constant of water vapour (J·kg-1·K-1)
Specific heat capacity of materials (J·kg·K-1)

1
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h

s

Thermal conductivity of materials (W·m1
·K-1)
Heat source term (J·m-2·s-1)

L

Latent heat of water vapour (J·kg-1)

EPS

λ

hm

Heat transfer coefficient of wall surface
(W·m-2·K-1)
Mass transfer coefficient of water vapour
(m·s-1)
Expanded polystyrene
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ABSTRACT
The EU F-Gas Regulation grants exceptions from the GWP-related placing on the market prohibition
for stationary refrigeration equipment for applications below -50 °C. Nonetheless, non-flammable
refrigerants which can be used for that temperature range become increasingly expensive and rare
inside the EU due to the phase down of HFCs under the regulation. Flammable alternatives based
on Methane and Ethane are available, but are not viable for all applications due to their flammability.
Carbon Dioxide cannot be used for applications below -50 °C due to CO2's triple point at -56 °C.
Nitrous Oxide with a triple point at -92 °C seems to be an alternative. But possible exothermal
decomposition of N2O calls for additional measures to be able to operate such systems safely.
A freeze dryer has been developed, built and successfully operated at evaporation temperatures
down to -80 °C with mixtures of N2O and CO2 and different lubricants. The unit achieved similar
energy efficiency as the standard HFC-equipment. Possible decomposition of N2O could
successfully be supressed by various measures.
CAUTION: Pure N2O as well as mixtures of N2O and CO2 with hydrocarbon based lubricants can
result in serious decomposition reactions increasing the pressure inside a refrigeration system
approximately eightfold.
Keywords: Carbon Dioxide, Freeze-Dryer, low temperature, Nitrous Oxide, safety measures

1. INTRODUCTION
Climate change and the decarbonisation of the energy sector through the substitution of fossil fuels
with renewable energy sources continues to be a central issue for mankind. The expansion of
technologies for the use and storage of renewable energies is another aspect. In addition, however,
the efficiency of all conversion chains from primary to useful energy must be increased. In the area
of refrigeration and air conditioning, the substitution of potent greenhouse gas refrigerants with lowGWP or natural refrigerants can also reduce the global warming impact of RAC systems and
consequently is also being promoted. Within the F-Gas Regulation (EU 517/2014), the European
Union defines the reduction scheme of available refrigerant quantities in relation to their global
warming potential (GWP), also known as "HFC phase-down". By the year 2030, the phase-down
should result in savings of 79 % in greenhouse gas emissions from refrigerants.
Most low-GWP refrigerants are flammable (e.g. propane, R290) or toxic (e.g. ammonia, R717).
These refrigerants are therefore subject to special requirements for operation. Cost-driving safety
devices (explosion-protected components) must be installed and systems subjected to intensive
monitoring and testing depending on the refrigerant charge.
The intended field of application in this project is cryogenic refrigeration at temperatures below -50
°C. Currently, the fluorinated refrigerants R23, R116 and the azeotrope of both (R508) as well as
R14 are used for such applications. These chlorine-free, fluorinated refrigerants have a high direct
contribution to the greenhouse effect, mainly due to their long average atmospheric lifetime. In
addition to the direct greenhouse potential caused by leaks and disposal, it is also essential to
consider the indirect effects in operation (efficiency, electricity consumption) and operational safety.
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Efficient operation can only be achieved by refrigerants with comparably good thermodynamic
properties, which include high volumetric cooling capacity, suitable vapour pressure curve and large
evaporation enthalpy.
The material properties of various refrigerants prevent them from being used at low temperatures.
Ammonia (R717) evaporates at atmospheric pressure (p = 1.013 bar) already at -33 °C. A lower
evaporation or application temperature leads to a reduction in the working pressure, such that the
plant is operated below atmospheric pressure. On the one hand, this is difficult or impossible to
implement in terms of process technology and, on the other hand, there is an acute risk of air and
moisture entering the system. As a result, the efficiency of the system decreases considerably and
additional measures for periodic air/water discharge are required. In addition, the triple point
temperature of -77.9 °C of Ammonia sets a limit for its use in low temperature applications.
Natural refrigerants can be used with evaporation temperatures below -50 °C, e. g. the flammable
substances ethane (R170) and Ethene (R1150) with a normal boiling point temperature of -89 °C
and -103.72 °C, respectively. Carbon dioxide, which is already widely used as a refrigerant in
stationary applications, is almost climate-neutral and has a very good volumetric refrigerating
capacity, so that the system components can be dimensioned small. However, the limitation here is
given by its relatively high triple point of -56.6 °C. Nitrous oxide (N2O), also known as laughing gas,
is an alternative that has received little attention to date.

2. N2O/CO2-MIXTURES AND INFLUENCE OF LUBRICATING OIL
2.1.

N2O – Nitrous Oxide

The refrigerant designation for N2O is R744A, as it has a molecular weight of 44 g mol-1, which
happens to be the same molecular weight as CO2 (R744). The normal boiling point of R744A is 88.5 °C and the triple point is reached at a pressure of 0.8784 bar at -90.8 °C, which is why
evaporation temperatures of -88 °C can be achieved permanently. Table 1 gives an overview of the
extent of the greenhouse potential over a period of 100 years (GWP CO2 = 1).
Table 1. GWP of various low temperature refrigerants

GWP100

R14
5 700

R23
14 800

R116
12 200

R508
12 300

R744A
298

It can be seen that nitrous oxide (R744A) has a clear savings potential. In contrast to the
conventionally used Trifluoromethane (R23), the GWP can be reduced by 98 %.
It has to be mentioned though that N2O has a slight ozone depletion potential of currently
approximately 0.017. The vast majority of human related N2O emissions stems from farming and
there are countless natural N2O-emission sources as well. Similar to the early discussions on reviving
CO2 as refrigerant, where one of the arguments was that CO 2 is the greenhouse gas number one,
additional emissions from low temperature systems will be negligible. First of all because there are
relatively few such systems and secondly because those systems are very tight. Continued use of
R23 and the other fluorinated refrigerants shown in Table 1 will not work in the EU due to the HFC
phase down. R23 prices are already now more than twenty times higher than prior to the 63 %
reduction scheme of the EU F-Gas regulation phase down.
N2O has a suitable pressure curve similar to CO 2 (Fig. 1). Previous investigations have shown that
N2O also has similar values to the common refrigerant R23 in terms of efficiency and coefficient of
performance. However, these results have so far only been based on theoretical findings and basic
investigations. A statement on the practical application under static as well as dynamic loads was
still pending. Experimental tests and the construction of a first test carrier on the scale of an industrial
freeze drying plant are the first steps towards introduction into the refrigerant market.
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Figure 1: Vapour Pressure curve of various refrigerants for low temperature applications (Kruse and
Rüssmann, 2006).

Looking at the safety data sheet for N2O (Linde, 2011), it can be seen that N2O is neither toxic nor
flammable under normal conditions, but acts as an oxidiser and hence “May cause or intensify fire”.
It should also be noted that N2O decomposes irreversibly and exothermically into nitrogen and
oxygen at atmospheric pressure at a temperature of 575 °C (Linde, 2011). Under pressure N2O can
decompose at temperatures above 300 °C (Linde, 2011). The decomposition is promoted by
catalysts such as nickel, gold or platinum (Linde, 2011). Also warnings are given against possible
violent reactions with reducing agents and combustible materials (Linde, 2011). This information in
itself does not yet prevent the use of N2O as a refrigerant, as the temperatures and materials
mentioned above do not actually occur in a refrigeration system or contact of the refrigerant with
organic substances can be avoided.
However, in-depth research into the decomposability of N 2O showed that the use of pure N2O in a
refrigeration system is not easily possible from a safety point of view. Investigations in various ignition
autoclaves of the Federal Institute for Materials Research and Testing (BAM) showed that N 2O
decomposes exothermically even at low temperatures of 50 °C and a pressure of 15 bar after ignition
by a wire igniter with an ignition energy of 55 J and can lead to a pressure rise to more than 10 times
the initial pressure, Fig. 2 (Gula, 2010).

Figure 2: Explosion pressure ratio for N2O decay as a function of the initial pressure for different
ignition energies. 6.5 l autoclave, fuse in the middle, t0 = 50 °C (Gula, 2010).
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EIGA (European Industrial Gases Association), (2013) also describes the danger and provides
instructions for safe handling of N2O. Therefore, the use of pure N2O as refrigerant is not
recommended as a consequence of these results and the associated safety requirements.
2.2.

N2O/CO2 Mixtures

Further investigations by BAM suggest that decomposition can be phlegmatized by adding other
gases. In addition to nitrogen, oxygen and air, explosive decomposition can also be prevented by
adding CO2. Since CO2 itself is established as a refrigerant and has a vapour pressure curve almost
identical to N2O (see Fig. 1), it can be used as an admixture. Due to its higher specific heat capacity,
CO2 is also the more suitable inert gas than, for example, nitrogen. Gula (2010) investigated the
stability limit pressures of N2O/CO2 mixtures for vessel and hence gas temperatures of 25 °C and
200 °C (Fig. 3). It can be concluded from the diagram that the N2O/CO2 mixture remains stable even
at a temperature of 200 °C if the CO2 concentration is higher than 20 mol-% - even at a pressure of
over 30 bar.

Figure 3: Stability limit pressure of N2O/CO2 mixtures as a function of the initial pressure at 25 °C or
200 °C vessel temperature, respectively, in 6.5 l autoclave, ignition source ~13 J (Gula, 2010).

However, the addition of CO2 has an influence on the triple point. Pure N2O has a normal boiling
point of -88.5 °C and solidifies at -90.81 °C (Linde, 2011). Freeze drying, the topic of the research
project connected with the investigations outlaid in this paper, is one of many applications where
temperatures in the range of -80 °C are required and for which there is currently no safe alternative
to HFC refrigerants. The addition of CO 2 reduces the triple (Fig. 4) and normal boiling point of the
mixture and thus has a direct influence on the lowest possible evaporation temperature. At CO2
concentrations of about 30 mol-%, the melting point of the N2O/CO2 mixture is about -78 °C, which
was experimentally proven in the work of Di Nicola et. al. (2010). For the operation of the pilot plant
described below, this means a maximum possible evaporation temperature of -75 °C, which is just
sufficient for the freeze-drying process, Fig. 4.

Figure 4: Solid–liquid equilibrium for a CO2/N2O mixture. Dots denote the experimental points while
the lines refer to calculations using Raoult’s law with the solute’s activity coefficient set to 1 (Di
Nicola et al., 2007).
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2.3.

Influence of Lubricating Oil on Exothermal Decomposition

In addition to the refrigerant or the refrigerant mixture, there is also lubricating oil in the circuit of a
vapour compression refrigeration system, which is absolutely necessary for the lubrication of the
compressor. In the tests at Karlsruhe University of Applied Sciences, initially a polyolester-based
refrigeration machine oil was used for this purpose, as this is still sufficiently viscous at very low
temperatures. Polyolesters are esterified alcohols with several hydroxyl groups and thus on an
organic basis. As a rule, the refrigerating machine oil remains in the compressor or is transported
back to the compressor by a suitable oil return system. As already mentioned above, organic
substances promote the decomposition ability of N 2O (Linde, 2011). This gives rise to the justified
suspicion that the presence of the polyolester oil used can have a negative effect on the
decomposition behaviour of N2O. Studies on the influence of oil on decomposition of N 2O/CO2
mixtures cannot be found in the relevant literature. Experiments at BAM (Bundesanstalt für
Materialforschung und –prüfung) in the scope of our project with the addition of propane, also an
organic substance based on hydrocarbons, have shown that even small proportions in the order of
2-3 % propane lead to a significant reduction of the stability limit and exothermic decomposition is
much more severe than without the addition of propane.
The polyolester-based oil is present in the refrigeration system as a pure liquid and is very well
miscible with the N2O/CO2 mixture, as investigations at our industrial lubricant partner revealed. The
centrifugal lubrication in the compressor distributes the refrigerating machine oil into very fine
droplets, which can then contribute to possible decomposition. For this reason, BAM was
commissioned to carry out appropriate ignition tests in which the refrigeration oil used was sprayed
into an N2O/CO2 mixture with a pre-pressure of 15 bar to 50 bar using a commercially available fuel
oil burner nozzle and an attempt was made to ignite the N 2O/CO2/oil mixture at initial pressures of 1
bar, 10 bar and 25 bar with a fusible wire. The setup of this test facility is shown in Fig. 5.

Figure 5: Test setup for N2O/CO2/oil mixture decomposition testing at BAM with starting pressures of
15 to 50 bar and initial temperatures of the N2O vessel of 100 °C.

In the gas mixture of 70 mol-% nitrous oxide and 30 mol-% carbon dioxide, no explosion was
observed in any of the ignition tests with oil mist. Only when the N2O content was increased to 85
mol-% was ignition observed with a slight increase in pressure. Furthermore, explosions with lower
explosion pressure ratios could also be observed without oil mist, if the ignition energy was increased
far above the standard ignition energy of 10 J to 20 J.
It should be noted that the explosiveness of gas mixtures in the presence of fog depends very much
on the type of fogging, especially on the droplet size and droplet size distribution. These parameters
could not be specifically varied in these experiments. Therefore, it cannot be excluded that mixtures
of 70 mol-% nitrous oxide and 30 mol-% carbon dioxide are explosive in the presence of an oil mist
with a different type of misting. Polyolester oils are hydrocarbons and therefore can increase the
reactivity of exothermal decomposition of N2O.
Parallel investigations on the material compatibility, stability and miscibility of the Polyolester
refrigerant-oil mixture were carried out by Fuchs Schmierstoffe GmbH, also a project partner in the
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research project presented here. Various components such as bearing shells, part of the cylinder
head and sealing materials used in the refrigeration system or in the refrigerant compressor were
brought into contact with the refrigerant for 14 days at 120 °C and then analysed for possible material
incompatibilities. As can be concluded from the data given in Fig. 6, no significant reaction between
the refrigerant-oil mixture and the system components investigated can be detected under the tested
conditions.

Figure 6: Sealed-tube-test Polyolester oil and compressor parts in N2O atmosphere.

3. TEST PLANT
On the basis of the described knowledge, a safety assessment was carried out by the project
partners involved and the pilot plant was set up by one of the partners (Martin Christ
Gefriertrocknungsanlagen GmbH, Osterode, Germany). For photo of the plant see Fig. 7. In order to
avoid too high standstill pressures, a 160-litre expansion vessel is connected to the suction side of
the compressor, which provides the necessary volume, such that the refrigerant mixture is only
present in the gaseous state during standstill. Due to the low evaporation temperature of down to
-80 °C, the refrigeration system is designed as a cascade. A standard R404A system was used as
upper stage of the cascade system. Corresponding lower GWP replacement refrigerants now being
available on the market, R404A is planned to be replaced in future systems to be built commercially.

Figure 7: Test freeze drying test plant.
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The lower stage plant, i.e. N2O/CO2 system, is equipped with two electronic expansion valves, which
enable to set the ice condenser temperature and the shelf temperature independently of each other.
As in commercial systems, the evaporating refrigerant cools two silicone oil circuits to the target
temperature via one plate heat exchanger each. Different from commercial systems, no products
were dried in the test series carried out, but the heat load was brought in by two independently
adjustable heating elements.
In the test series, the evaporation temperature at the ice condenser was kept constant at -75 °C and
the shelf temperature was slowly increased from -50 °C to 20 °C, which corresponds to the normal
freeze-drying process. The system ran for over 550 operating hours without failure. After approx.
150 operating hours, the refrigerating machine oil (polyolester) and the gas composition were
analysed and no signs of decomposition of N2O could be detected.

4. TEST RESULTS
In summary, the tests were carried out under the following conditions:
- N2O/CO2 refrigerant mixture with 70 wt.-% N2O and 30 wt.% CO21
- over 550 operating hours with refrigerating machine oil on polyolester oil
- experiments in stationary condition
- variation of product shelf temperature from -50 °C to +20 °C
- constant thermal load
- ice condenser temperature of -60 °C
- evaporation temperature of -75 °C
Fig. 8 shows the evaporation temperatures which were calculated using Refprop 9.0 from pressure
measurements in the plate heat exchanger of the silicon circuit for the ice condenser (red Δ, T_0-IC)
and the evaporation temperatures (calculated from pressure measurements) in the plate heat
exchanger cooling the silicon oil of the shelfs (blue x, T_0-Sh) over the silicon oil temperature of the
shelf temperature. The diagram also shows the temperature of the silicone oil circuit of the ice
condenser (green , IC T23).

Figure 8: Temperatures measured during test runs. Explanation see text above.

The measuring points displayed in Fig. 8 are mean values from several measurement series. The
actual controlled variable is the surface temperature, which is plotted on the x-axis. The deviation
1

Due to the fact that N2O and CO2 have the same molecular mass (44.01 g/mol), wt.% and mol.% are identical.
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between set point and actual value was less than 0.05 K for all tests. In addition, the reproducibility
of the results was very good. The mean values from 5 measurement series are plotted in Fig. 8..
Since all tests gave the same results, it was concluded that no change in refrigerant composition
occurred over the 550 operating hours. This was also confirmed by an oil and refrigerant analysis
after the 550 operating hours.

5. CONCLUSIONS
In summary, the following results could be achieved so far:
-

the thermodynamic suitability of a N2O/CO2 refrigerant mixture has been demonstrated

-

no negative influence on materials in the refrigeration circuit was observed so far

-

the influence of polyolester refrigerating machine oil on possible decomposition ability of N2O
and the phlegmatizing effect of CO 2 could be demonstrated by the tests at BAM

-

for higher evaporation temperatures, the CO 2 content can be increased, which in turn leads
to lower GWP and ODP as well as increased protection against exothermal decomposition.

Based on these positive results, it appears that a non-flammable and non-toxic alternative to the
HFC substances used so far could be found. Following the publicly funded research project, further
long-term measurements are planned including the investigation of a new class of lubricating oils on
the base of Perfluoroethers, which are used already for the lubrication of oxygen compressors and
are expected to further lower the possibility of exothermal decomposition.
CAUTION: Pure N2O as well as mixtures of N2O and CO2 with hydrocarbon based lubricants can
result in serious decomposition reactions increasing the pressure inside a refrigeration system
approximately eightfold.
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ABSTRACT
R410A is a widely used refrigerant in residential heat pumps. The Global Warming Potential
(GWP) of refrigerant R410A is 1924 so lower GWP alternatives are being studied in the last years
as potential replacements of R410A. One potential alternative is refrigerant R454B with a GWP
equal to 466.
This paper presents an experimental study of the R454B drop-in performance in a R410A liquid-towater heat pump. The main components of the heat pump are a scroll type compressor, two
brazed plate heat exchangers (condenser and evaporator) and an electronic expansion valve.
Experimental results for typical operating conditions of liquid-to-water heat pumps (EN 14511-2,
2013) are presented and discussed. From the experimental measurements, parameters such as
the COP, heating power or compressor electric power consumption are obtained and compared
between the two refrigerants. Results show that R454B might be an adequate drop-in refrigerant
for R410A as it closely matches its performance.
Keywords: Heat Pump, R410A, R454B, Low-GWP Refrigerants, Experimental Results.

1. INTRODUCTION
Nowadays, a number of companies manufacture liquid-to-water heat pumps for geothermal
applications based on the scroll compressor technology and brazed plate heat exchanges. The two
main refrigerants used for these applications are R407C and R410A.
Over the last several years, great research efforts have been focused on the development and
application of low Global Warming Potential (GWP) refrigerants. For example, the Europe’s EU
regulation N°517/2014 prohibits the use of fluorinated gases with a GWP above 150 in domestic
refrigerators and freezers by January 1 2015 and in new types of mobile air-conditioning systems
by January 1, 2017.
In the particular case of refrigerant R410A, different manufactures have proposed lower GWP
refrigerants such as R452B or R454B, which have GWP values of 675 and 466, respectively
(Myhre et al., 2013). These two refrigerants have similar properties to R410A and were designed
as drop-in or near drop-in replacements for R410A in residential heat pumps applications. On the
other hand, other synthetic and natural refrigerant alternatives are also proposed, such as R32 or
propane (R290); though, their properties are quite different to R410A so they should be considered
as R410A alternatives to apply in new equipment.
Pham and Rajendran (2012) presented theoretical analyses and test results from various drop-in
tests comparing R32 and HFO blends versus R410A. They showed that the HFO blends provide
around 2% higher EER but 5% lower capacity than R410A. The refrigerants analysed were
R1234yf or R1234ze blended with R32, with GWP values of around 500. Piao et al. (2012)
performed drop-in tests to compare the performance of R1234yf, R32 and R1234yf/R32 mixtures
with R410A. They found that R32 was the most balanced solution for residential and small
commercial unitary applications. In et al. (2014) compared R410A versus R32 and L41b (a binary
mixture of R32 and R1234ze(E)) in a residential heat pump and found a 5% higher and 9% lower
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capacity for R32 and L41b, respectively, when compared with R410A. Alabdulkarem et al. (2015)
presented drop-in tests of the three R410A low-GWP alternative refrigerants R32, D2Y60 (a binary
mixture of R23 and R1234yf) and L41a (a ternary mixture of R32, R1234yf and R1234ze(E)) in a
split heat pump unit. The test results showed that R32 was superior to R410A in terms of cooling
and heating capacities, while L41a was superior in terms of compressor discharge temperature
and D2Y60 in terms of COP.
The Air-Conditioning, Heating, and Refrigeration Institute (AHRI) launched an industry-wide
cooperative research program to identify and evaluate alternative refrigerants that have low GWP
values (Hickman et al., 2013). During the program drop-in tests were performed of different lowGWP alternative refrigerants for R407C and R410A in heat pumps. Though the results concerning
cooling/heating capacities and COP depend on the tested conditions, in many tests R32 and the
blend R32/R152a (95/5) showed higher capacities and similar COPs compared to R410A. Blends
based on R32 and HFO refrigerants (such as DR5, L41b, ARM70a…) showed similar performance
to R410A, but for many cases slightly higher COP but lower capacity values.
From Table 1 it can be seen that R454B has similar thermodynamic properties to R410A, but a
much lower GWP value. As a result, R454B might be a good low-GWP alternative refrigerant to
R410A; however, more experimental evaluation is required. In this paper experimental results for
typical operating conditions of liquid-to-water heat pumps (EN 14511-2, 2013) are presented and
discussed. From the experimental measurements the COP, the heating and the compressor
powers, as well as suction and discharge temperatures and pressures are obtained for both
refrigerants under different operating conditions.
Table 1. R410A and R454B properties

Property
Composition (wt%)
Molecular weight
Boiling point @ 1 atm
Critical temperature
Ozone Depletion Potential
GWP(AR4)
ASHRAE Safety Classification
Heat of vaporization @ 1 atm

R410A
R32/R125 (50/50%)
72.6 kg/kmol
-51.4°C
71.3°C
0
1924
A1
19818 kJ/kmol

R454B
R32/R1234yf (68.9/31.1%)
62.6 kg/kmol
-50.5°C
78.1°C
0
466
A2L
19799 kJ/kmol

2. DESCRIPTION OF THE EXPERIMENTAL SET-UP
The main component of the experimental set-up is a liquid to water heat pump for space heating
and domestic hot water (DHW) production in a desuperheater. The original refrigerant used in the
heat pump is R410A.
Fig.1 shows a schematic representation of the heat pump under consideration, where the main
components are represented. The heat pump has a variable speed scroll type compressor and an
electronic expansion valve. The compressor’s drive has a cold plate heat exchanger in order to
avoid high internal temperatures. As shown in the figure, water is used for cooling the drive and for
the condensation process, so a fraction of the water flow rate is diverted to the drive heat
exchanger and the remainder flows through the condenser. Brazed plate heat exchangers of
stainless steel are used for the desuperheater, condenser and evaporator. The number of plates
for the desuperheater, condenser and evaporator are 18, 24 and 26, respectively. As shown in Fig.
1, the heat pump does not contain a refrigerant tank, so the refrigerant charge is distributed
throughout the heat pump components and lines. Different amounts of refrigerant charge are
expected to give different values of the degree of subcooling at the condenser outlet, which will
affect the heat pump performance.
A 15% (mass basis) propylene-glycol water mixture (PGW) is pumped through the evaporator from
a 750 L PGW tank. Similarly, water is pumped from a 280 L tank to the condenser. Variable speed
pumps were used in order to control the PGW and water flow rates through the evaporator and
condenser, respectively. The supply temperature to each heat exchanger was controlled by
adjusting the temperature levels of the corresponding tanks using an additional water circuit and an
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air-to-water heat pump (not shown in Fig. 1). For the DHW tests, water is pumped from a 300 L
tank to the desuperheater at the desired temperature. However, for this work, DHW tests were not
considered.
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Figure 1: Schematic representation of the heat pump

The experimental facility has been equipped with proper instrumentation. Pressure transmitters
were installed to measure the refrigerant pressure at different points of the system, as shown in
Figure 1. Refrigerant temperatures were estimated by means of Pt100 probes clamped around the
refrigerant pipes using an aluminium foil; afterwards, the probes and pipes were properly insulated.
The refrigerant mass flow rate was measured with a Coriolis flow meter and electromagnetic flow
meters were used to measure the PGW volumetric flow rate in the evaporator and the water
volumetric flow rate in the condenser. The compressor’s electric power is measured with a power
transducer. Table 2 summarizes the main characteristics of the instrumentation used in the
experimental set up.
Variable

Table 2. Types of sensors and accuracies

Instrumentation

Accuracy

Water and PGW volumetric flow rate
Water volumetric flow rate
(compressor’s drive heat exchanger)
Water and PGW temperatures

Electromagnetic flow meter
PT 100 Class B 1/10

±0.2% reading
±(0.1 L×min-1+2.5%
reading)
±0.06 K

Refrigerant temperatures
Refrigerant pressures (gauge):
points 2-5
Refrigerant pressures (gauge):
points 6, 7 and 1
Refrigerant mass flow rate
Atmospheric pressure

PT 100 Class A

±0.4 K

Pressure transmitter

±0.04 bar

Pressure transmitter

±0.02 bar

Coriolis flow meter
Digital barometer

±0.1% reading
±0.003 bar

Power transducer

±0.5% reading

Compressor’s electrical power

Paddle-wheel flow meter

3. TEST CONDITIONS
Experiments were performed with R410A for constant inlet/outlet temperature values of the PGW
mixture at the evaporator of 0/-3°C and two different water temperature values at the inlet/ outlet of
the condenser of 30/35°C and 40/45°C. These are typical operating conditions of liquid-to-water
heat pumps in the heating mode of operation for low and medium temperature applications (EN
14511-2, 2013). For each temperature level in the condenser, experiments were performed with
compressor speed set points of 100% and 70% of the maximum compressor speed. The
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experiments were performed setting a superheating degree value at the evaporator outlet equal to
10 K.
The amount of R410A in the system was adjusted in order to maximize the COP at the 30/35°C
and 100% compressor speed operating conditions. Once the experiments with R410A were
performed, the system was evacuated and charged with refrigerant R454B. The same group of
experiments were repeated with R454B. Some small adjustments in the expansion valve were
required in order to maintain the 10 K superheat value. As before, the amount of R454B charge in
the system was optimized for the 30/35°C and 100% compressor speed operating conditions.
All sensors were scanned within a time interval of 3 s. During each experiment, steady state
conditions were confirmed by visualizing the measured variables in the supervisory data
acquisition system. In general, steady state operation was reached within a period of 1-2 hours.
Thereafter, data recording during the next 40-60 minutes was performed for all the measured
variables.

4. DATA REDUCTION
During the experiments, the temperature and absolute pressure of the refrigerant and the
temperatures of the water and the PGW mixture at the inlet/outlet of the different components were
measured. With these data, the corresponding thermodynamic states could be determined. All
refrigerant and water properties were calculated using the REFPROP Database (Lemmon et al.,
2010). The PGW properties were obtained using technical data from the propylene-glycol supplier.
For the thermal analysis of the heat pump, the following assumptions were considered:
• Steady state operation
• Heat gains/losses and pressure drops in the connecting pipes are negligible; i.e. pipes are
of short length and well insulated.
• Kinematic and potential energy variations at the inlet/outlet of the different components are
negligible.
• Heat transfer with the surroundings in the heat exchangers and in the electronic expansion
valve are negligible
By virtue of the preceding assumptions, the process in the expansion valve can be considered to
be isenthalpic. As a result, the enthalpy at the evaporator inlet (point 6 in Fig. 1) was considered to
be equal to the enthalpy at the expansion valve inlet (point 5 in Fig. 1), rather than being calculated
from the pressure and temperature measurements at the evaporator inlet.
From the water flow rate measurement through the condenser and the compressor’s drive heat
exchanger, and the temperature values before entering and after leaving both components, the
following value of the heat power can be determined:
𝑄̇#$%&'#&,) = 𝑉)̇ ⋅ 𝜌) ⋅ 𝑐/,) ⋅ 0𝑇)2 − 𝑇) 4 5

Eq. (1)

where the heat dissipated in the drive is given by:
̇
𝑄̇#&,) = 𝑉),#&
⋅ 𝜌) ⋅ 𝑐/,) ⋅ 0𝑇)67 − 𝑇) 4 5

Eq. (2)

Then, the heat transfer rate in the condenser can be determined as:
𝑄̇#$%&,) = 𝑄̇#$%&'#&,) − 𝑄̇#&,)

Eq. (3)

In the previous equations the density is evaluated at the water inlet temperature and the specific
heat is evaluated at the water average temperature through the corresponding devices.
For the evaporator:
̇
𝑄̇89:/,;<= = 𝑉;<=
⋅ 𝜌;<= ⋅ 𝑐/,;<= ⋅ 0𝑇;<=> − 𝑇;<= $ 5

Eq. (4)

where the density is evaluated at the PGW inlet temperature and the specific heat is evaluated at
the PGW average temperature.
The previous quantities may also be calculated from the refrigerant mass flow rate measured with
the Coriolis flow meter and the enthalpy variation through the condenser and evaporator:
𝑄̇#$%&,?8@ = 𝑚̇?8@ ⋅ (ℎD − ℎE )
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𝑄̇89:/,?8@ = 𝑚̇?8@ ⋅ (ℎG − ℎH )

Eq. (6)

In order to check the accuracy of the experimental measurements and the validity of the previous
thermal assumptions, the calculated values of the heat transfer rates in the condenser and
evaporator in the external fluid side and refrigerant side are compared in Fig. 2. In the figure,
uncertainty bands (with a coverage factor of k = 3) are also shown for the estimated parameters.
These uncertainties were obtained following the guidelines given in JCGM (2008). It can be seen
that the calculated values are within ±4% bands and, in general, within the uncertainty of the
estimated parameters.
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Figure 2: Deviation between heat transfer rate values in the refrigerant side and external fluid side

Finally, the coefficient of performance (COP) of the heat pump was calculated from the heating
power in the condenser and the compressor’s electric power (including the drive power
consumption):
𝐶𝑂𝑃 = 𝑄̇#$%&'#&,) ⁄𝑊̇8M8#

Eq. (7)

The heat gained in the drive’s heat exchanger was introduced in the numerator of the previous
equation. This might not be the case in other works. Anyway, the heat power dissipated in the
drive’s heat exchanger was always lower than 100 W and has a very small effect on the COP.

5. RESULTS AND DISCUSSION
A set of 8 experiments were performed for the operating conditions described in the previous
sections, four with each refrigerant (R410A and R454B). Fig. 3 shows the heating power, the
compressor’s electric power and the COP with refrigerants R410A and R454B, for two different
water inlet/outlet temperature values in the condenser (30/35 and 40/45°C) and two different
compressor speed values (maximum and 70%). For the two refrigerants, it can be seen that if the
water temperature level in the condenser increases then the heating power decreases, the
compressor power increases and, consequently, the COP decreases. When the compressor speed
decreases from the maximum speed to a 70% value, both the heating power and the compressor
power decrease, whereas the COP increases slightly.
Fig. 3 also shows that for the 30/35°C and full speed operating conditions, the heating power with
R454B is lower than with R410A (6.6% lower). However, the compressor electric power is also
lower (7.1%) which finally results in a slightly higher COP value (0.6%). For the 30/35°C and 70%
speed operating conditions, the experimental results show a similar trend, though the differences
between the two refrigerants are reduced. For the 40/45°C and 70% compressor speed operating
conditions, R454B shows better performance in terms of compressor power (5.9% lower), COP
(0.3% higher) but a slightly lower (5.5%) heating power.
Regarding the 40/45°C and 100% set point conditions, it should be clarified that the 100%
maximum compressor speed was not attained, since the compressor speed was reduced by the
compressor’s drive overcurrent protection control system. The horizontal axis of Fig. 3 indicates
that the maximum compressor speeds at the 40/45°C temperature level were 90% and 94% for
refrigerants R410A and R454B, respectively. As shown before, for the same operating conditions
(temperature level and compressor speed), the compressor’s electric power with R454B was lower
than with R410A. As a result, the compressor’s drive overcurrent protection allowed a higher speed
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with R454B than with R410A. This explains the higher speeds attained with R454B. Fig. 3b also
shows that the compressor powers are almost the same for the two refrigerants at the 40/45°C and
maximum speed operating conditions, since these are limited by the compressor’s drive
overcurrent protection system. Finally, it can be seen that the heating power and COP values for
R454B are similar to those with R410A (1.8% and 0.5% lower for the heating power and COP,
respectively) at the 40/45°C and maximum speed operating conditions.
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Figure 3: a) Heating power, b) compressor’s electric power and c) COP, with R410A and R454B

c)

Fig. 4 shows the suction pressure, discharge pressure and pressure ratio (discharge to suction
pressure ratio) for the same operating conditions considered in Figure 3. As expected, the
discharge pressure increases with the temperature level in the condenser (30/35°C or 40/45°C)
and also it increases with the compressor speed. Figure 4a) shows that the suction pressure
decreased slightly when the compressor speed was increased, but P1 increased slightly when the
water temperature level in the condenser was increased. Since the discharge pressure variations
were more pronounced that the suction pressure variations, the pressure ratio followed a similar
behaviour to the discharge pressure, as confirmed in Fig. 4c. For all the experiments, refrigerant
R454B always showed lower suction and discharge pressures but slightly higher pressure ratio
values than refrigerant R410A.
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Figure 4: a) Suction pressure, b) discharge pressure and c) pressure ratio, with R410A and R454B

Fig. 5 shows the compressor volumetric and isentropic efficiencies for the same operating
conditions considered in Figs. 3 and 4. It can be seen that both efficiencies decrease with the
temperature level in the condenser (i.e. with the pressure ratio). When increasing the compressor
speed, the volumetric efficiency increases but the isentropic efficiency decreases slightly.
Experimental results also show that the efficiency differences between the two refrigerants are
small and always within the uncertainty of the measured values.
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Figure 5: a) Compressor volumetric efficiency and b) compressor isentropic efficiency, with R410A
and R454B

Fig. 6 shows the degree of subcooling at the condenser outlet and the suction and discharge
temperatures. As explained previously, the refrigerant charge was adjusted in order to maximize
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the COP at the 30/35°C and 100% compressor speed operating condition. At this operating
condition, the degree of subcooling at the condenser outlet was merely the same (6.7 or 6.8 K) for
the two refrigerants. Experimental results show that the degree of subcooling increased with the
temperature level in the condenser and also with the compressor speed. However, it should be
clarified that a clear comparison cannot be performed between the 30/35°C and 40/45°C maximum
speed operating conditions since for the former the compressor speed was higher (100%) than for
the latter (90% for R410A and 94% for R454B). Regarding the suction temperatures, the
experimental results confirm that this variable was somehow constant with small variations that
followed the same trend observed for the suction pressure of the corresponding refrigerant. Finally,
it can be clearly seen in Fig. 6c that the discharge temperature increased with the temperature
level in the condenser and with the compressor speed. Also, the discharge temperature with
refrigerant R454B was always 8-10 K higher than with R410A.
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Figure 6: a) Degree of subcooling at condenser outlet, b) suction temperature and c) discharge
temperature, with R410A and R454B

c)

6. CONCLUSIONS
This paper presented an experimental study of the R454B drop-in performance in a R410A liquidto-water heat pump. Experiments were performed at constant inlet/outlet temperature values of the
PGW mixture at the evaporator of 0/-3°C, two different water temperature values at the inlet/outlet
of the condenser of 30/35°C and 40/45°C, two compressor speed set points of 100% and 70% of
the maximum compressor speed, and a superheating degree value at the evaporator outlet equal
to 10 K. The amount of R410A and R454B refrigerant was adjusted in order to maximize the COP
at the 30/35°C, 100% compressor speed and 10 K superheat operating conditions. From the
analysis of the experimental results, the following conclusions are obtained:
• Increasing the water temperature level in the condenser (from 30/35°C to 40/45°C) led to
lower heating powers in the condenser, higher compressor’s electric powers and lower
COP values.
• Increasing the compressor speed led to higher heating powers, higher compressor’s
electric powers and lower COP values.
• For the same operating conditions, R454B always showed lower suction and discharge
pressure values than R410A; however, the pressure ratio values with R454B were always
slightly higher than with R410A.
• For the same operating conditions, experimental results showed better performance of
R454B in terms of compressor’s electric power and slightly better in terms of COP (though
the differences were within the uncertainty of the estimated values).
• R454B showed lower heating capacities than R410A. Depending on the tested conditions,
the heating capacity with R454B varied from -6.6% to -1.8% of that obtained with R410A.
• For the same operating conditions, the discharge temperature with refrigerant R454B was
always higher than with R410A, with differences from 8 to 10 K.
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NOMENCLATURE
COP

coefficient of performance (-)

DHW
domestic hot water
h
specific enthalpy (J×kg-1)
P
pressure (bar)
Q̇
heat power (kW)
V̇
volume flow rate (m3×s-1)
Greek symbols
ρ
density (kg×m-3)
Subscripts
evap
evaporator
cond
condenser
o
outlet
ref
refrigerant

DSub
ṁ
PGW
T
Ẇelec

specific heat at constant pressure
(J×kg-1×K-1)
degree of subcooling (K)
mass flow rate (kg×s-1)
propylene-glycol water mixture
temperature (°C, K)
electric power (kW)

cd
i
PGW
w

compressor’s drive
inlet
propylene-glycol water mixture
water

cp
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ABSTRACT
Low air-side heat transfer coefficient (HTC) limits the performance of many heat exchangers. A new
method is developed to obtain local air-side HTC of real heat exchangers without the use of complex
experimental tools. The method relies on measuring mass transfer and applying the analogy
between heat and mass transfer to determine heat transfer. A thin film coating is applied to the heat
transfer surface which is exposed to a suitable trace gas, in this case, a 50 ppm ammonia-air mixture.
The coating absorbs the ammonia and changes color.
A detailed description of the new measurement technique is given, including the application of the
fundamental heat and mass transfer correlations, evaluation of suitable coating formulations,
determination of surface morphologies, and discussion of the optical principle to quantify color
change. For laminar flow across flat plates, the new method results in experimental HTC that are
within 17% of the Blasius solution.
Keywords: Local Air-Side Heat Transfer, Convection Mass Transfer, Heat and Mass Transfer
Analogy, Coating, Tracer Gas, Color Change.

1. INTRODUCTION
Heat transfer between liquid-to-gas is widely used in aerospace, transportation, electronics cooling,
industrial processes, refrigeration, and air-conditioning areas. Therefore, liquid-to-gas heat
exchangers are intensively investigated for energy saving considerations. Joardar and Jacobi (2005)
have claimed that air-side convective resistance to be the most significant contributor, which
accounts for 75% or more of the total heat transfer resistance in refrigerant-to-air heat exchangers.
However, the existing experimental methods are difficult to be applied on complicated surfaces to
obtain local air-side HTC’s.
Therefore, a visualization method is developed to quantify local mass transfer by color change
observation. This method is based on the analogy between heat and mass transfer. Since the
method employs a coating material in combination with a tracer gas to achieve a local color change,
this method will be abbreviated as CTC (coating, tracer gas and color change) in this paper.

2. THE PROPOSED CTC METHOD
2.1 Principle of the Proposed Method
A new visualization method which employs the analogy of heat and mass transfer is developed. A
color change coating and tracer gas combination is developed; the chemical interaction between the
coating material and a tracer gas is the driving force of mass transfer. As shown in Fig. 1, a color
change acidic coating material is attached to the heat transfer surface of interest. A dye is mixed
with the coating material, which changes color at a certain pH level from yellow to blue. A tracer gas
(dilute ammonia at ppm level) and air flow are well mixed prior to passing across the coated sample.
As the coating material absorbs tracer gas and is neutralized, the color change can be observed on
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the surface. Therefore, convective mass transfer takes place as the tracer gas is transferred from
the free stream flow to the coated surface. If the color change can be correlated with local mass flux
and mass transfer coefficient, by applying the analogy, local HTC can be quantified. Since the coated
surface is dry and some amount of water vapor is necessary for the chemical reaction to take place,
humidity ratio of the air flow must be controlled. For the consistency of the experiment, 26 ºC, 60 %
relative humidity, 50 ppm volumetric concentration of ammonia and air mixture, and 1 m·s-1 flow
velocity are set as the baseline condition for the mass transfer experiment.

Figure 1: Principle of the proposed visualization method

2.2 Boundary Layer Assumptions and the Analogy Theory
A schematic of the convection boundary layer for laminar flow over a flat plate with infinite spanwise
length is shown in Fig. 2. Isothermal mass transfer is assumed. In the boundary layer, it is assumed
that the streamwise velocity profile and tracer concentration profile have a similar shape. The tracer
concentration difference is caused by the chemical reaction between the coating material and the
tracer gas. The chemical potential between the coating material and the tracer gas is strong enough
that the tracer concentration at the wall is close to zero. The thin film coating is on top of the substrate
represents the interactive wall. Ideally, the coated surface should be dry, thin and smooth. The
incompressible fluid, no-slip, and impermeable wall assumptions are well accepted for laminar flow
over a solid plate. For the plate covered by the thin film coating, these assumptions are still valid,
because the bulk flow cannot penetrate through the wall. Although the tracer gas is absorbed by the
coating material, the permeability is still negligible, because 50 ppm ammonia is negligible compared
to the bulk flow (Bejan,1995).

Figure 2: Laminar momentum and mass transfer boundary conditions over a flat plate

As shown in Fig. 2, the tracer concentration in the bulk flow is 50 ppm. Meanwhile, the tracer
concentration at the wall is approximate 0 ppm. This constant concentration difference Eq. (2) is
analogous to the constant temperature difference in the heat transfer Eq. (1).
𝑢

𝜕𝑇
𝜕𝑇
𝜕+𝑇
+𝑣
= 𝛼 * +,
𝜕𝑥
𝜕𝑦
𝜕𝑦
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𝑢

𝜕𝐶
𝜕𝐶
𝜕 +𝐶
+𝑣
= 𝐷 * +,
𝜕𝑥
𝜕𝑦
𝜕𝑦

Eq. (2)

It can be seen that the format of heat transfer equations and mass transfer equations are similar.
The heat transfer Nusselt number is a function of Reynolds number and Prandtl number as shown
in Eq. (3). The mass transfer Sherwood number is a function of Reynolds number and Schmidt
number as shown in Eq. (4). Pr is the ratio of viscous diffusivity and thermal diffusivity, while Sc is
the ratio of viscous diffusion and mass diffusion. Pr and Sc are known properties of fluids at known
temperature and pressure. As a result, the ratio of Nu and Sh can be calculated (Eq. (5)), which is
approximately equal to 1 when dilute ammonia is used as the tracer gas. The analogy theory is also
explained by Kottke et al. (1977) and Ahrend et al. (2010), who employed the ammonia absorption
method.
𝑁𝑢123 = 0.332 ∙ 𝑃𝑟 ;/= 𝑅𝑒123 ;/+ (Pr >0.5)

Eq. (3)

𝑆ℎ123 = 0.332 ∙ 𝑆𝑐;/= 𝑅𝑒123 ;/+ (Sc ≥0.5)

Eq. (4)

𝑆ℎ123
𝑆𝑐
=
𝑁𝑢123
𝑃𝑟

;/=

= 𝐿𝑒

;/=

=

0.7478
0.7421

;/=

≈1

Eq. (5)

3. EXPERIMENTAL APPARATUS AND PROCEDURES
3.1 Wind Tunnel
A suction type open-loop wind tunnel is designed and built for the mass transfer experiments as
shown in Fig. 3. The design followed the principles described in ASHRAE STANDARD 41.2-1987
(RA 92) (1992). The size of the test section is W120 mm x H100 mm x L400 mm which is sufficient
to test small samples such as flat plates, single fins, and fin arrays. The flow velocity across the test
section can be adjusted from 0 to 3.5 m·s-1. Water vapor and anhydrous ammonia tracer gas are
injected and mixed. The test section is made of transparent polycarbonate sheets for color
observation and image taking. A webcam is installed in close vicinity of the test section for image
capturing. An electrochemical gas sensor (0-100 ppm) is connected to the test section to obtain realtime volumetric ammonia concentration measurements.

Figure 3: Schematic diagram of the wind tunnel

3.2 Ammonia Concentration Control
As ammonia gas is mixed with air flow to acquire a desired concentration of 50 ppm, a system to
achieve precise ammonia flow control is designed. A 0.038 mm micro-orifice is used, and by
adjusting the orifice inlet gas pressure, the ammonia mass flow rate can be controlled. A cylinder
which contains anhydrous ammonia is immersed into a thermal bath. By controlling the temperature
of the thermal bath, the ammonia vapor pressure is controlled. Ammonia concentration is measured
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by an electrochemical sensor that the concentration of ammonia can be controlled. The accuracy of
ammonia concentration measurement is within ±10%.
3.3 Image Processing and Local Mass Transfer Quantification Procedure
The procedure to quantify local HTC is developed and shown in Fig. 4. The first step is to prepare
the coating solution which is diluted with ethanol by mass at the ratio of 1:3. Afterwards, the samples
are coated with the coating solution according to the developed coating procedure. By conducting a
titration experiment, the number of hydrogen protons (H K ) can be determined. For the baseline
condition experiment, the maximum mass of ammonia gas absorption 𝑀MNO is obtained which
corresponds to 0.745 mg on the samples. Then the sample is exposed to the tracer gas in the wind
tunnel for the mass transfer experiments. The wind tunnel is prepared to have constant temperature,
pressure, humidity ratio, tracer concentration, and flow velocity. During the mass transfer experiment,
the coated surface changes color from yellow to blue, while the tracer gas is reacting with the coating
material. At the same time, the images of color change are recorded by a webcam, which is
connected to a computer. The image acquisition toolbox of MATLAB R2018a is used to configure
camera parameters to eliminate the variations caused by camera settings. The camera starts to
record video as soon as the sample is located and stops image acquisition when the color of the
entire surface has changed from yellow to blue. The duration of color change is 7 to 9 minutes at the
baseline condition.

Figure 4: Procedure for acquiring local HTC

According to Camci et al. (1991), hue is directly related to color (wavelength). While saturation and
intensity have some influence on hue, their influence can be controlled by the light source and the
camera settings. Therefore, hue is sufficient to be used to quantify the change of color. The ratio of
color change (𝜖) can be calculated by Eq. (6):
hueUVW − hueY
ϵ=
Eq. (6)
hueZ3 − hueY
MATLAB R2018a is employed for image processing to quantify the ratio of color change (ϵ) at each
pixel at a particular time (t). The streamwise location x of color change (50 x 50 mm square plate is
equivalent to 300 x 300 pixels in the image) can be read from the image directly. The color change
factor S is related to the experimental conditions and the characteristics of the dye which can be
determined through calibration. At the baseline condition, S is 0.3 which means that when 30% of
the coating reacts with ammonia gas, the color changes from yellow to blue. Thus, by multiplying the
maximum mass transfer weight, S, and ϵ, the local mass transfer distribution at time t on the coated
surface is obtained.
Local ammonia mass flux 𝑚 ]] at time t perpendicular to the coated surface can be calculated through
Eq. (7). The local mass transfer coefficient can be acquired from Eq. (8). Due to the analogy of heat
and mass transfer, the local HTCs are acquired by Eq. (9) and Eq. (10). Thermal conductivity and
diffusion coefficient D for ammonia in the air can be treated as constants and known properties.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1737

Therefore, the expression in the parenthesis can be treated as constants and the local mass transfer
coefficient becomes a function of time only. Therefore, local HTC distribution on the surface is
acquired.
𝑚 ]] =

𝜖 ∙ 𝑆 ∙ 𝑀MNO
𝑡 ∙ 𝐴`2`

Eq. (7)

𝑚 ]] 1
∙
𝑡
∆𝐶

Eq. (8)

ℎM123 =

ℎM123 ∙ 𝑘
𝐷

Eq. (9)

𝜖 ∙ 𝑆 ∙ 𝑀MNO ∙ 𝑘 1
∙
t
𝐴`2` ∙ ∆𝐶 ∙ 𝐷

Eq. (10)

ℎ123 =
ℎ123 =

4. EXPERIMENTAL RESULTS
4.1 Coating Evaluations
Different coating solutions are developed and evaluated on aluminum alloy Al 1100. The criterion
include solution stability, metal corrosion, coating quality, and color change characteristics. Finally,
AMS 67 is the most preferred solution and 25% mass concentration is used for mass transfer
measurements. The coating can be applied without any issues to most materials (Al
1100/3003/5005/5052/6061, Cu 110/260, stainless 304, polycarbonate, and acrylic) which means
this method is can be used for many different types of heat transfer surfaces. Moreover, the aging
influence is investigated by exposing the samples to environments which have different relative
humidity. The reaction between the coating material and metal base happens in highly humid
(RH>70%) environments in 1 to 2 hours. On the contrary, the coated samples are stable after 45
days which are stored in a relatively dry (RH<40%) environment.

4.2 Coating Thickness Quantification
Drop coating method is employed for the flat plate samples. The 0.5 g solution with 25% mass
concentration is dropped on the sample and dried at 100 ºC. As the solution is a mixture of polymer,
dye, acid, water and ethanol, more than 90% of the solution is liquid which will evaporate completely
when heated (about 0.01 g solid in 0.5 g solution). The weight difference of the coated sample only
represents the mass of the solid of the coating. By weight measurement, the average coating
thickness is 4.8 µm.
The thickness determined by weight measurement represents the average thickness, not taking into
account effects caused by non-uniform surface heights and surface roughness. A 3D surface profiler
is employed to evaluate the uniformity of the coated surface. For the most part of the sample, the
coating is uniform, and the mean thickness is 5.8 µm. However, the coating height close to the edges
of the sample are thicker than at the inner locations due to the surface tension of the solution. The
coating thickness at the edge location of a drop coated sample is shown in Fig. 5. It is shown that
the variation of coating thickness is about 5 to 20 µm. Therefore, the measured HTC at the edges is
smaller due to the thicker coating.
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Figure 5: Surface topography of drop coated sample at an edge location

The roughness is also measured by the optical 3D profiler. The base metal to which coating was
applied is Al 3003 with a mean surface roughness of 0.3 to 0.5 µm. The mean roughness of the
coated surface was measured to be 0.6 to 2.1 µm. According to Goldstein and Cho (1993), the
sublimation depth of naphthalene can be as much as 200 µm which also relies on the analogy
between heat and mass transfer. The measured naphthalene sublimation depth by DeJong and
Jacobi (1997) ranged from 25 to 120 µm. In conclusion, it appears that the coating layer is sufficiently
thin and smooth compared to the well-applied naphthalene sublimation method and will therefore
not influence the air flow characteristics across the test section. This is an important assumption that
has to be made for the boundary layer in order to apply the analogy between heat and mass transfer.

4.3 Mass transfer and color change observation
A coated metal sheet is located at the center of the test section. The mass transfer experiment is
conducted at the baseline condition. The webcam is installed at the top of the sample to record color
change. The webcam parameters are set with MATLAB R2018a image acquisition toolbox to make
sure the settings are consistent during the mass transfer process. A 25W LED white panel light is
used to have stable illumination. The color change starts from the leading edge of the sample and
spreads to the inner locations in the streamwise direction. The duration of color change is seven
minutes. The images at different times are shown in Fig. 6.

Figure 6: Mass transfer and color change at different times

4.4 Image Processing and Local Nusselt Number
The sample shown in Fig. 6 is analyzed according to the developed procedure explained in 3.3 and
Fig. 4. The data shown in Fig. 7a is based on experimental measurements, while the graph shown
in Fig. 7b is obtained by plotting the Blasius solution for flow across a flat plate.

Figure 7: Two-dimensional distribution of HTC (Re=2950 at x=50 mm) a) Measured local HTC; b) HTC
from Blasius solution

4.5 Uncertainty Analysis
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The uncertainty analysis is conducted according to the methodology suggested by Moffat (1988).
For the tested sample, the total uncertainty for each hdVe is calculated to be 17% by Eq. (11).
𝐴𝐸`2` =
Y

𝜕𝐴𝐸Y
𝜕𝑋Y

;/+

+

∙ 𝐸𝐴hi

+

Eq. (11)

In Fig. 8, the green curve represents the well-known Blasius solution, while the blue markers
represent the experimental data points. Similar to the results shown in Fig. 7a, the span-averaged
local HTC shown in Fig. 8 at edges is lower compared to the theoretical results because the coating
is thicker at the edges. The thicker coating leads to slower color change by observation. Although
the leading-edge results have higher error compared to the inner locations, the results obtained from
the proposed method agree very well with Blasius solution.

Figure 8: Results of a single measurement at baseline condition

5. CONCLUSIONS
A new method to quantify local air-side heat transfer coefficients has been developed, and this paper
describes preliminary results for air flow across a flat plate at laminar flow conditions. While it has
been demonstrated that the new method is capable of quantifying local air-side HTCs for simple flat
plate geometries, it is believed to apply to more complex heat transfer surfaces as well. Compared
to other existing experimental methods, this new method has several advantages: the coating
material is not expensive; a simple coating method is suitable to be used for different geometries
and materials. This thin film dry coating is superior to other mass transfer methods with respect to
the influence on the boundary layer. Moreover, a generic wind tunnel can be used for the mass
transfer experiments; a simple digital camera such as a webcam can be employed for color
observation. The image processing method is simple, robust and is based on a widely accepted
MATLAB toolbox. The most important is that the result for the flat plate sample shows good accuracy.
Therefore, this method has the potential to be further developed to analyze more involved heat
transfer problems.
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𝐴
AE
𝐶
D
h
ℎM
H
𝑚 ]]
𝑚
M
𝑁𝑢
Pr
𝑞 ]]
Ra
Re
S
Sc
Sh
Le
t
T

area of the surface (m2)
absolute uncertainty (-)
concentration (kg·m-3)
diffusion coefficient (m2·s-1)
convection heat transfer coefficient
(W·m-2K-1)
convection mass transfer coefficient
(m·s-1)
hue: color property (-)
mass flux (kg·m-2s-1)
mass flow rate (g·s-1)
mass of ammonia absorption (g)
Nusselt number (-)
Prandtl number (-)
heat flux (W·m-2)
surface roughness (µm)
Reynolds number (-)
color change factor (-)
Schmidt number (-)
Sherwood number (-)
Lewis number (= Sc/Pr) (-)
time (s)
temperature (ºC)

U
u
v
x
y

bulk flow velocity (m·s-1)
streamwise flow velocity (m·s-1)
flow velocity normal to the plate (m·s-1)
streamwise dimension (m)
coordinate direction normal to the plate (m)

z

spanwise dimension (m)

α
k
ν
ϵ
Δ
b
fc
i
ic
loc
max
now
tot
w
∞

thermal diffusivity (m2·s-1)
fluid thermal conductivity (W·m-1·K-1)
kinematic viscosity (m2·s-1)
ratio of color change (-)
difference (-)
blue (-)
final color (-)
a single variable (-)
initial color (-)
local (-)
Maximum (-)
at current moment (-)
Total (-)
at the wall (-)
free stream flow (-)
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ABSTRACT
A new optical method based on the analogy between heat and mass transfer is developed to obtain
local air-side heat transfer coefficient (HTC). It uses thin-film coatings applied to the heat transfer
surface in combination with a tracer gas. Experiments with fundamental geometries were conducted
to calibrate the process and evaluate its accuracy. The local air-side HTCs results for laminar flow
over a flat plate are within 20% compared to the Blasius solution except for the leading and trailing
edges. The mass transfer experiments are conducted in a wind tunnel. Calibration for the flat plate
experiments takes into account flow velocity, light source, relative humidity of air, tracer gas
concentration, and sample aging effects. Correlations for these parameters have been established.
The measurements of the basic geometries such as inclined plates, wedges, and cylinders agree
with the experimental results of literatures which employed different methods. These promising
validation experiments justify the exploration of more complex geometries and entire heat
exchangers using this technique.
Keywords: Local HTC, Mass Transfer, Laminar Flow, Coating, Tracer Gas, Heat and Mass Transfer
Analogy.

1. INTRODUCTION
Experimental techniques have been intensively studied in the past decades to quantify air-side HTC
in order to seek opportunities to improve the efficiency of the fluid-to-gas heat exchangers. However,
due to the complexity of air-side geometries, empirical correlations from experimental studies are
usually used to predict heat transfer performance, and they are normally based on averaged HTC.
Although several techniques are available to measure local air-side HTC, it is challenging to quantify
local air-side HTC on complex geometries and entire heat exchangers.
Therefore, a new experimental method called coating, tracer gas, and color change (CTC) was
proposed and explained by Che and Elbel (2018). The method is based on the analogy between
heat and mass transfer. The CTC method shows a good accuracy within 20% (except for the leading
and trailing edges of the sample) compared to the Blasius solution on flat plates. This paper is to
further explore the potential applications of this method. Different flow velocity, light source, relative
humidity of air, tracer gas concentration, and sample aging effects on the flat plates are tested. Other
fundamental geometries such as inclined plates, wedges and cylinders are also measured and
evaluated. It was confirmed that the method is robust and ready to be used to measure local HTCs
for more complex geometries and heat exchangers found in HVAC&R applications.
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2. METHODOLOGY
The CTC method employs an acidic coating material on the surface of interest. The coating changes
color from yellow to blue at a certain pH level when it reacts with the tracer gas. Since the color
change can be correlated with the local mass transfer coefficient, the local HTC can be quantified
by applying the analogy theory. The CTC method applies a similar principle based on the wellestablished naphthalene sublimation method. Goldstein and Cho (1993) have reviewed and
explained the naphthalene sublimation method in detail. The laminar flow boundary layer condition
over a flat plate is shown in Fig 1.

Figure 1: The principle and boundary layer assumptions of the CTC method

According to the analogy between convective heat and mass transfer, the format of heat transfer Eq.
(1) and mass transfer Eq. (2) is the same.
𝑢

𝜕𝑇
𝜕𝑇
𝜕+ 𝑇
+𝑣
= 𝛼 * +,
𝜕𝑥
𝜕𝑦
𝜕𝑦

Eq. (1)

𝑢

𝜕𝐶
𝜕𝐶
𝜕+𝐶
+𝑣
= 𝐷 * +,
𝜕𝑥
𝜕𝑦
𝜕𝑦

Eq. (2)

The analytical Blasius solution for heat transfer of laminar flow across a flat plate with an infinite
spanwise length is shown in Eq. (3). The corresponding mass transfer solution is shown in Eq. (4).
In this new method, Pr of air and Sc of ammonia are applied to Eq. (5) to obtain the correlation of
the analogy which is equal to 1. Therefore, local heat transfer Nu number can be quantified by
measuring local mass transfer.
Nu234 = 0.332 ∙ Pr</> Re234</+ (Pr >0.5)

Eq. (3)

Sh234 = 0.332 ∙ Sc</> Re234</+ (Sc ≥0.5)

Eq. (4)

Sh234
Sc </>
0.75 </>
</>
= E F = (Le) = E
F = 1.00
Nu234
Pr
0.74

Eq. (5)

3. EXPERIMENTAL APPARATUS AND PROCEDURES
3.1 Experimental Apparatus

A suction type, open-loop wind tunnel is designed and built for the mass transfer experiments as
shown in Fig. 2. The design followed the principles described by Barlow et al. (1999) and ASHRAE
Standard 41.2-1987 (RA 92) (1992). The size of the test section is W120 mm x H100 mm x L400
mm to test small samples. The flow velocity across the test section can be adjusted from 0 to 3.5
m·s-1. Water vapor and anhydrous ammonia are injected and mixed with air flow at the entrance.
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The test section is made of transparent polycarbonate sheets for color change observation. An
electrochemical gas sensor is connected to the test section to obtain real-time volumetric ammonia
concentration measurements. The images of color change are recorded by a webcam, which is
connected to a computer. The image acquisition toolbox of MATLAB R2018a is employed to
configure camera parameters and process the images. A 25W LED white panel is used as the light
source to maintain a good image quality.

Figure 2: The wind tunnel for mass transfer experiments

3.2 Experiment Procedure to Quantify Local HTC

As shown in Fig. 3, a coupon with the original yellow coating is changing to a blue color in the wind
tunnel. When the flow strikes the coated surface, the tracer gas is captured by the coating material,
and a chemical reaction happens. The chemical reaction changes the pH level of the coating material
and makes it change color from yellow to blue. If the color change and the mass transfer can be
correlated, the mass transfer is quantified. The webcam starts recording as soon as the mass
transfer starts and stops when the color of the entire surface has turned to blue.

Figure 3: Mass transfer experiment on the flat plate

According to Ellinger (1963), hue is dependent on the wavelength of light being reflected or produced.
Cantrell et al. (2010) explain the mechanism between hue and color wavelength. The equation to
calculate hue value from the RGB image is embedded in the MATLAB R2018a toolbox. Therefore,
the CTC method has been employed hue to quantify the color change.
Local HTC is calculated by Eq. (6) to Eq. (11). Eq. (6) shows how the ratio of color change (ϵ) is
obtained at a specific time (t) for a single pixel of an image. As binary color change (yellow and blue)
is observed, ϵ is either 0 or 1 for each pixel. Eq. (7) shows how mass flux (𝑚PP ) is correlated to the
color change. 𝑀RST represents the maximum mass of ammonia gas absorption which is determined
from the chemical relations between the coating material and ammonia gas. The color change factor
S is related to the experimental conditions and the characteristics of the dye. It has been confirmed
by calibration tests that S can be approximated by a constant. The local mass transfer coefficient
(ℎRVWX ) is defined as the ratio of mass flux and concentration difference as shown in Eq. (8). As the
analogy correlation of the method is explained in Eq. (5), the local HTC is related to the local mass
transfer coefficient and shown in Eq. (9).
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hueY3Z − hue\
hue]X − hue\

Eq. (6)

𝜖 ∙ 𝑆 ∙ 𝑀RST
𝑡 ∙ 𝐴bWb

Eq. (7)

𝑚′′
ℎRVWX 𝑥
=
; 𝑆ℎVWX =
∆𝐶
𝐷

Eq. (8)

ℎRVWX ∙ 𝑘
𝐷

Eq. (9)

ϵ=

𝑚′′ =
ℎRVWX

ℎVWX =

4. EXPERIMENTAL RESULTS
4.1 Span-averaged HTC on Flat Plates

The flat plates are exposed to the tracer gas in the wind tunnel which is set at a baseline condition.
The local HTCs are compared with the Blasius solution at various flow velocities within the range of
the laminar flow. In Fig. 4, flow velocities from 0.6 m·s-1 to 3 m·s-1 are tested considering typical airconditioning applications. When taking the total length (50 mm) as the characteristic length, the
range of Ref is 1934 to 10743. The data variation is within 20% except for the leading and trailing
edges of the sample. A baseline condition is set which includes the following parameters: i) the flow
with 25±1 ºC and 60±5 % relative humidity; ii) the tracer gas is 50±5 ppm volumetric concentration
of ammonia iii) sample size is W50 mm x L50 mm x T0.3 mm; iv) 0.5 g coating solution with 25 %
mass concentration is used to cover one side of the aluminum plate.

Figure 4: Local HTC at different flow velocities - flat plates

4.2 Local HTC of Wedges and Inclined Flat Surfaces
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Wedges have been tested and compared with the tabulated analytical results of Eckert
(1942). Wedges are tested with the CTC method to obtain local HTCs as shown in Fig. 5
and Fig. 6. Fig. 5 shows the span-averaged HTCs of a 90° wedge. Fig. 6 shows the surface
color change at different time steps of a 180° wedge (impinging flow), and local HTC
distribution is shown. The results have been compared with experimental results of different
literature sources, namely, Ramirez et al. (2002) and Sparrow et al. (1979), who both
employed the naphthalene sublimation method. However, Sparrow et al. (1979) only show
the visualization of the flow pattern. Ramirez et al. (2002) have developed an optical
measurement method which has a large scatter of data. The data cannot be used for the
quantitative comparison.

Figure 5: Span-averaged local HTCs of a 90° wedge

Figure 6: Color change and local HTC distribution of a 180° wedge (impinging flow)

4.3 Local HTC of Cylinders
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Fig. 7 shows local HTCs of cylinders which are measured by the CTC method and compared with
Krall and Eckert (1973) and Hong and Song (2007).

Figure 7: Local HTCs of cylinders

The HTC at the stagnation point is within 10% compared with the analytical results. All those
experimental results show a similar curve shape. However, Krall and Eckert (1973) who have
employed the temperature measurement method did not see local HTC difference from 0° to 50°.
Hong and Song (2007) who have used the naphthalene sublimation method got a large scatter of
data. Their measurement starts from 50°. The current measurements show a decrease of local
HTCs from 0° to 50°. However, the cylinder size and flow velocities are different between these
methods. Therefore, the quantitative comparison of the absolute HTC values is not necessarily
possible in this case.

4.4 Light Source Influence
As color change is correlated to the mass transfer coefficient, the influence of the light source needs
to be considered. At the baseline condition, a 25 W LED panel light and a yellow light bulb are used
for comparison. As shown in Fig. 8, although absolute hue values are different, the maximum hue
differences are consistent. ΔH of LED light is 0.3905 (hue]X − hue\ ), while ΔH of the yellow light bulb
is 0.3896. The quantification of color change only requires a stable light source during the mass
transfer experiment. Besides, the camera settings such as focus, brightness, saturation, etc. are also
checked that once these parameters are fixed during the experiment, the color change results will
not be influenced.

25 W LED initial
hue=0.1664

25 W LED final
hue=0.5569

yellow light bulb initial
hue=0.1189

yellow light bulb final
hue=0.5085

Figure 8: Initial and final color of the coated plates under different light sources

4.5 Method Robustness Evaluation
As the baseline condition is precisely controlled, the robustness of the method is checked under
various conditions. Table 1 shows the range of test conditions that have been evaluated including
flow temperature and relative humidity, ammonia concentration, and sample aging. The results show
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that the color change factor is always 0.3 to obtain an accurate local HTC measurement. It means
that the chemical reaction and color change are stable within these test conditions. It was also found
that the color change will take 1 to 2 hours when relative humidity is lower than 50%. It is slightly
slower compared to 7 to 9 minutes at 60% or higher relative humidity values. If the relative humidity
is lower than 40%, no color change is observed. As the coating is sensitive to water vapor, it is
proposed to put the sample is a dry environment for storage. For the ammonia, higher concentrations
are not tested, because the sensor range is limited to 0-100 ppm.
Table 1: Mass transfer test at different conditions on flat plates

Variables

Range

S

𝑁𝑢VWX = 𝑆ℎVWX

Temperature (°C)

21-31

0.30

yes

Relative humidity (%)

50-85

0.30

yes

NH3 [ppm]

35-85

0.30

yes

Sample aging [day]

0-45

0.30

yes

7. CONCLUSIONS
A new method to quantify local air-side heat transfer coefficients has been developed. The analogy
between heat and mass transfer of this method has been verified with basic geometries. A good
accuracy (within 20% except for the leading and trailing edges) is obtained compared to the Blasius
solution. Moreover, this method shows a good repeatability within the tested experimental ranges
which are commonly applied in typical HVAC&R applications. This paper shows that the developed
procedure to quantify local HTCs can be applied at different flow velocity, light source, flow relative
humidity, tracer gas concentration, and sample aging. As it has been demonstrated that the new
method is capable of quantifying local air-side HTCs for simple flat plate geometries, it is believed to
be applicable to more complex heat transfer surfaces. Therefore, this method has the potential to be
further developed to analyze more involved heat transfer problems.
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NOMENCLATURE
𝐴
𝐶
D
h
ℎR
H
𝑚PP
𝑚̇
M
𝑁𝑢
Pr

area of the surface (m2)
concentration (kg·m-3)
diffusion coefficient (m2·s-1)
convection heat transfer coefficient
(W·m-2K-1)
convection mass transfer coefficient
(m·s-1)
hue: color property (-)
mass flux (kg·m-2s-1)
mass flow rate (g·s-1)
mass of ammonia absorption (g)
Nusselt number (-)
Prandtl number (-)

U
u
v
x

bulk flow velocity (m·s-1)
streamwise flow velocity (m·s-1)
flow velocity normal to the plate (m·s-1)
streamwise dimension (m)

y

coordinate direction normal to the plate
(m)
spanwise dimension (m)
thermal diffusivity (m2·s-1)
fluid thermal conductivity (W·m-1·K-1)
kinematic viscosity (m2·s-1)
ratio of color change (-)
difference (-)

z
α
k
ν
ϵ
Δ
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𝑞PP
Re
S
Sc
Sh
Le
t
T

heat flux (W·m-2)
Reynolds number (-)
color change factor (-)
Schmidt number (-)
Sherwood number (-)
Lewis number (= Sc/Pr) (-)
time (s)
temperature (ºC)

b
fc
i
ic
loc
max
now
tot
w
∞

blue (-)
final color (-)
a single variable (-)
initial color (-)
local (-)
maximum (-)
at current time (-)
total (-)
at the wall (-)
free stream flow (-)

REFERENCES
Che, M., Elbel, S., 2018. Novel Visualization Method to Quantify Local Air-side Heat Transfer
Coefficient, 24th International Compressor Engineering Conference at Purdue, July 9-12,
2018
Goldstein, R., Cho, H., 1993. Review of mass (heat) transfer measurements using naphthalene
sublimation. EXP THERM FLUID SCI 10(4), 416-434.
Barlow, J. B., Rae, W. H., Pope, A., 1999. Low-speed Wind Tunnel Testing. John Wiley.
ASHRAE. Standard, 41.2, 1992. Standard methods for laboratory air-flow measurement. An
American National Standard. 1987 (RA92)
Ellinger, R. G., 1963. Color Structure and Design. International Textbook Company.
Cantrell, K., Erenas, M.M., Orbe-Payá I. D., Capitán-Vallvey L. F., 2010. Use of the Hue Parameter
of the Hue, Saturation, Value Color Space as a Quantitative Analytical Parameter for Bitonal
Optical Sensors. Analytical Chemistry. 82(2), 531-542.
Eckert, E. R. G., 1942. Die Berechnung des Wärmeüberganges in der laminaren Grenzschicht
umströmter Körper. VDI Forschungsheft 416: 1-24.
Ramirez, C., Murray, D. B., Fitzpatrick, J. A., 2002. Convective heat transfer of an inclined
rectangular plate. Experimental Heat Transfer. 15(1), 1-18.
Sparrow, E. M., 1979. Effect of Finite Width on Heat Transfer and Fluid Flow about an Inclined
Rectangular Plate. Journal of Heat Transfer, 101:199.
Krall, K. M, E. R. G. Eckert, 1973. Local heat transfer around a cylinder at low Reynolds
number. Journal of Heat Transfer 95(2), 273-275.
Hong, K., Song, T.H., 2007. Development of optical naphthalene sublimation method. International
journal of heat and mass transfer. 50(19-20), 3890-3898.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1749

Manuscript ID: 1547
DOI: 10.18462/iir.icr.2019.1547

An Experimental Study of Evaporative Coolers Using Elliptic
Tubes
Jian-Cheng FANG, Liang-Han CHIEN , and De-Cian CHEN
Department of Energy and Refrigerating Air-Conditioning Engineering,
National Taipei University of Technology, Taipei, Taiwan, lhchien@ntut.edu.tw

ABSTRACT
This paper reports on the investigation of the heat/mass transfer and pressure drop performance
characteristics of an evaporative cooler using elliptic or circular tubes. From the experimental results,
correlations of the water film heat transfer coefficient and air-water mass transfer coefficient are
developed. The experimental results show that the smaller contraction ratio of circular tube bundle
results in higher air velocity between the tubes, and increases the fluid film waviness with water
spraying outside the tubes. Consequently, the heat and mass transfer performance of the circular
tube bundle is better than that of the elliptic one at the same air flow rate. However, the elliptic tube
bundle yields only 1/3 pressure drop as compared with the circular one. Both the water film heat
transfer coefficient and air-water mass transfer coefficient of elliptic and circular tube bundles
increase with increasing air Reynolds number.
Keywords: Elliptic Tube, Evaporative Cooler, Pressure Drop, Heat and Mass Transfer.

1. INTRODUCTION
The structure design of different types of heat exchangers, including tube bundle arrangement and
shape of tube has significant influence on the heat transfer performance of heat exchangers. For
evaporative coolers, the heat transfer and pressure drop on the air side of the tubes are the main
factors affecting the performance of heat exchangers. Therefore, the shape of the tube has great
influence on evaporative coolers. As shown in Figure 1, due to the streamline shape of elliptic tube,
less vortex generates behind the tube on the air side as compared with the circular tube, and hence
can provide lower pressure drop, and improve the efficiency of heat exchangers.
In recent years, manufacturers have introduced elliptic tubes in evaporative coolers. The patent
(Bugler et al., 2007) using elliptical connectors at both ends of the tube rows can make the tube
bundle more closely arranged, as shown in Figure 2. The present study investigates the heat and
mass transfer and pressure drop performance characteristics of an evaporative cooler using elliptic
tubes, and compare with circular tubes at various air flow rate and spray water flow rate.

Figure 1: Steam line of circular tube and elliptic
tube

Figure 2: Elliptic tube patent of EVAPCO, Inc.
(Parker and Treybal, 1961)
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2. LITERATURE REVIEW
2.1.

Research of Evaporative Cooling

Many researchers have investigated the evaporative coolers experimentally. Parker and Treybal
(1961) were the first researchers to make the detailed analysis of counter-flow evaporative coolers
in different modes of operation. They set up a staggered-tube evaporative cooler had an outside
diameter of 19mm arranged in a 38mm triangular pattern, and made the empirical correlations.
Mizushina et al. (1967) also set up an evaporative cooling experiment and determined the empirical
correlations of film heat transfer coefficient and mass transfer coefficient. The outer diameter of the
tube is 12.7mm, 19.05mm, and 40mm, and the tube pitch is twice outer diameter of the tube. Niitsu
et al. (1969) tested evaporative coolers of plain and finned tubes, and developed empirical
correlations of film heat transfer coefficient, mass transfer coefficient and pressure drop. The outer
diameter of plain tube is 16mm, and using staggered arrangement. From the result of the experiment,
the airside pressure drop affected by both air and spray water flow rate at the same time; however,
the effect of spray water flow rate was relatively smaller than air flow rate. When spray water
 / d o  0.7 kg m-²s-¹, the mass transfer coefficient will be independent of spray water flow rate. In
order to make the distribution of spray water and the wetting effect of the tubes better, the should
higher than 0.8 kg m-²s-¹.
Hasan et al. (2002) applied the cooling system consisted of a closed wet cooling tower (CWCT) to
the ceiling of the building to reduce the indoor heat load. The prototype tower consists of 19 tubes
of 10mm o.d. arranged in 12 rows in a staggered arrangement.
Heyns and Kröger (2010) tested an evaporative cooler consisting of 15 tube rows with 38.1 mm outer
diameter arranged in a 76.2 mm triangular pattern. From the experimental tests show that, a deluge
water mass velocity of 1.7 kg m-²s-¹ is required to ensure uniform wetting all the tubes. When the air
mass velocity is higher than 3.5 kg m-²s-¹, the deluge water partially held up on the tubes.
2.2.

Research of Elliptic Tube Evaporative Cooler

Zheng et al. (2012) conducted the thermal performance characteristics of an oval tube CWCT. The
tube bundle consists of 8 rows of externally galvanized steel oval tubes. The major axis of the tube
is 31.8 mm, and minor axis is 21.6 mm with tube wall thickness 1.5 mm. The oval tubes are 1.2 m
long and arranged in a stagger pattern at a transversal pitch of 44 mm and at a longitudinal pitch of
64 mm. There are 37 oval tubes per tube row. From the experimental results, the water-film heat
transfer coefficient is a function of deluge-water temperature, deluge-water mass velocity and air
mass velocity. The air-water mass transfer coefficient is a function of air mass velocity.
Hasan and Sirén (2004) investigated two kinds of evaporative coolers under similar operation
conditions, one has plain circular tubes while the other one has plain oval tubes. The outer diameter
of circular tube is 10 mm, and the oval tube (axis ratio 3.085) is formed from an 18 mm o.d. circular
tube whose perimeter is preserved after forming. It is concluded that the average mass transfer
Colburn factor jm of the oval tube is 89% of the circular tube one, while the average friction factor
f of the oval tube is 46% of the circular tube one. The ratio jm f of oval tube is 1.93-1.96 times
of the circular tube one.
Although there are fewer literature about the evaporative cooler using elliptic tubes in practical
application, the elliptic tube has been applied to the heat exchangers and improved the efficiency.
According to the research by Hasan and Sirén (2004), the performance of elliptic tube applied to the
evaporative cooler has more advantage than the circular one..

3. EXPERIMENTAL WORK
3.1.

Test Apparatus

There are three part of the experimental system, including the process fluid flows (hot water) inside
the tubes, the spray water on the tubes surface, and the air flows through the bank of tubes, as
shown in Figure 3. The test has been set up in the environmental control room to control the outside
air condition.
In order to make the air flow outside the tube bundle uniform, the test fan is placed at the end of the
wind tunnel, drawing air over the tube bundle. The air flow enters from the both sides of wind tunnel
below the tube bundle, and the air-guiding design is added to ensure uniform flow of air through the
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tube bundle. A frequency changer is applied to allow the fan output to be varied. The average air
velocity is determined by the pitot tubes inside the wind tunnel, and the dry bulb temperature and
relative humidity of air inlet and outlet were measured by temperature/relative humidity transmitter.
To control the condition of hot water side, the temperature of the hot water is controlled by a constant
temperature water tank, and the water flow rate is controlled by a pump and valve. The spray water
is sprayed over the tube bundles surface through the spray nozzle, and then is pumped up to a
circuit.
The water flow rate, inlet and outlet temperature on the both side of hot water and spray water are
measured by turbine flowmeter and RTD. Figure 4 is the photograph of teat apparatus.

Figure 3: Schematic layout of experimental system

3.2.

Figure 4: Experimental apparatus

Tube Bundle Geometry

Both the elliptic tube and circular tube bundles were tested. The heat exchanger test cross section
is 600 mm by 266 mm, having a height of 350 mm. The outer diameter of circular tube is 15.88 mm,
and the tube thickness is 0.41 mm. The elliptic tube (axis ratio= 2) is formed from a circular tube
whose perimeter remains the same after forming. The elliptic tube has a major axis of 20.65 mm,
and a minor axis of 10.2 mm. There are 8 tubes per each row, and 8 row in the tube bundles,
arranged in a stagger pattern with transversal pitch of 31.2 mm and longitudinal pitch of 34.76 mm.
On the left and right side of the tube bundles, transparent acrylic plates are installed for observation.
Figure 5 shows the distribution of the circular tube and elliptic tube bundle geometries.
3.3.

Scope of Tests

The tests were conducted under various operation conditions for the circular tube and elliptic tube
bundles. The air inlet velocity ranges from 0.9 to 3.7 m s-¹. Three spray water flow rates were tested,
which were 15, 20, and 25 L.Min.-1(Liter per Minute). The hot water flow rate of the tube side was
constant during the test and equal to 23.7 L.Min.-1, and the inlet hot water temperature was 45℃.
3.4.

Data Reduction

The hot water inside the tube of evaporative cooler transfer heat to the water film on tube surface
through the wall of tube. The water film absorbs the heat and transfer to the air by the latent heat of
evaporation and the sensible heat of temperature difference between water film and air as shown in
Figure 6. The analysis assume a constant spray water temperature 𝑡 equal to the inlet spray water
temperature 𝑡 , , and make a d𝐴 as an element on the surface of the tube. Therefore, the heat
transfer dq from the hot water to the spray water film can be expressed as Eq. (1):
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Figure 5: Tube bundle dimensions

Figure 6: Heat transfer from the
hot water to airside





dq  m h C p dt h  U o t h  t s dAo

Eq. (1)

Integrating the temperature of hot water from inlet to outlet, the overall heat transfer coefficient is
given by Eq. (2):

Uo 

m h C p
Ao

 t t
ln h ,1 s
t t
 h,2 s






Eq. (2)

The total thermal resistance from the inside of the tube to the outer spray water film on tube surface
can be express as Eq. (3), where ℎ is the convective heat transfer coefficient between the tube
and the spray water film, and ℎ is the convective heat transfer coefficient between the hot water
inside the tube:

1
1 d o ln d o d i  d o



U o hs
2k t
d i hh

Eq. (3)

The convective heat transfer coefficient ℎ is calculated by Gnielinski correlation. The water film
heat transfer coefficient ℎ is given by Eq. (4):

 1 d o ln d o d i  d o 
hs  



2k t
d i hh 
U o

1

Eq. (4)

According to the Merkel equation, Jaber and Webb (1989) calculated the heat of mass transfer
between wet surface and air as Eq. (5):

  

dq  m a dia  Km ia ' ts  ia dA

Eq. (5)

where 𝑖 ′(𝑡 ) is the saturated air enthalpy at the spray water temperature. Integrating the enthalpy
of air from inlet to outlet, the mass transfer coefficient is given by Eq. (6):





m a  ia t s  ia ,1 


Km 
ln
Ao  i  t  i 
a,2 
a s

Eq. (6)

The air side Reynolds number is defined by Eq. (7), where w is the viscosity of air and the umax is
the maximum velocity calculated based on the minimum cross section area of air flow. The Lc in Eq.
(7) is the characteristic length, which is the tube diameter of circular tube or the tube width of the
narrow side of the oval tube. The film Reynolds number of spray water is given by Eq. (8), where 
is the mass flow rate per unit length, w is the viscosity of water.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1753

𝑅𝑒 =

𝜌𝑢

𝐿

Eq. (7)

𝜇

𝑅𝑒 = Γ 𝜇

Eq. (8)

The total energy balance between inlet and outlet of the experimental system is given by Eq. (9):

m h C p t h ,1  t h, 2   m a ia , 2  ia ,1 

Eq. (9)

4. RESULTS AND DISCUSSION
4.1.

Air-Side Pressure Drop

The elliptic tube is expected to have a smaller pressure drop because of its streamline shape. Figure
7 shows the comparison of no spray water and various spray water flow rate for elliptic and circular
tube bundles. When the water spraying on the tube bundles, the pressure drop was much higher
than that without spraying water, and the pressure drop rises as the air Reynolds number increases.
Due to the unstable sprayed water distribution in the air flow, the curves of pressure drop at different
spray water flow rate are more irregular than that without spray water. The overall pressure drop
increases with the increasing air flow Reynolds number for both cases.
The lower contraction ratio of circular tube bundle results in higher air velocity between the bundle.
When the inlet air velocity of circular tube bundles is about 2.7 m s-¹ (air Reynolds number 4000),
the pressure drop with spraying water increases sharply. The observation through the side windows
shows that excess water holds up on among the tubes, and increases the fluid film waviness with
water spraying outside the tubes, which also causes the increase of pressure drop.
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Figure 7: The dP-Rea of circular and elliptic tube

4.2.

Water Film Heat Transfer Coefficient

The water film heat transfer coefficient of the elliptic and circular tube bundles at various spray water
flow rate is shown in Figure 8. Note that the air Reynolds number of the elliptic tube bundle is smaller
than that of the circular one at the same fan frequency (or fixed fan power consumption rate) because
the air flow velocity and pressure drop of the elliptic tube bundle is smaller. For example, for the
maximum fan power, the Rea of elliptic tube is about 3500, yet the circular tube is about 5000. At the
same fan frequency, the water film heat transfer coefficient of elliptic tube is smaller than that of
circular one at the same spray water flow rate of 40 L.Min.-1. The lowest water film heat transfer
coefficient occurs at the spray water flow rate of 10 L.Min.-1 because the distribution of spray water
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at low flow rate is non-uniform. The water film heat transfer coefficient of the elliptic tube at various
spray water flow rate is about 18~20% lower than that of the circular one.
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Figure 8: The hs-Rea of circular and elliptic tube

4.3.

Mass Transfer Coefficient

The mass transfer coefficient of the elliptic and circular tube bundles at various spray water flow rate
is shown in Figure 9. At the same fan frequency, the mass transfer coefficient increases as the spray
water flow rate increases. However, comparing the effect of airflow and spray water on mass transfer
coefficient, the increase of the mass transfer coefficient is mainly affected by the air flow. Similar to
the trend of the pressure drop curves, when the air Reynolds number of circular tube bundles is
about 4000, the mass transfer coefficient increases sharply. As a result, the mass transfer
performance of the circular tube is better than that of the elliptic one in a higher air velocity condition.
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Figure 9: The Km-Rea of circular and elliptic tube

4.4.

Correlations of hs & Km

From the experimental results, correlations for the water film heat transfer coefficient and mass
transfer coefficient of both elliptic tube and circular tube are developed. It is found that when the fan
frequency is greater than 25 Hz (Rea  900 for elliptic and Rea  1600 for circular), significant amount
of spray water hold up on the surface of circular tube bundles and affects the heat and mass transfer.
Therefore, the mass transfer coefficient of circular tube bundles is divided into two part according to
the range of air Reynolds number.
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The correlations of water film heat transfer coefficient developed by Parker and Treybal (1961)
and Heyns and Kröger (2010) for circular tube bundles and the elliptic tube bundles by Zheng et
al. (2012) considered the effect of spray water temperature. The correlation of water film heat
transfer coefficient for both circular tube and elliptic tube in this study is a function of air Reynolds
number 𝑅𝑒 , spray water Reynolds number 𝑅𝑒 and average spray water temperature 𝑇 , and
the inlet spray water temperature 𝑡 , is regarded as the average spray water temperature as
given by Eq. (10), valid for 765 < 𝑅𝑒 < 5056，45 < 𝑅𝑒 < 194，28 < 𝑇 < 36 ℃.

hs  0.3618 Re a

0.4263

Re w

0.4165

Tw

0.8176

Eq. (10)

The correlations of mass transfer coefficient developed by Mizushina et al. (1967) and Heyns and
Kröger (2010), in addition to the effect of air flow rate, they also considered the effect of spray
water floe rate. The correlation of mass transfer coefficients in this study including air Reynolds
number 𝑅𝑒 and spray water Reynolds number 𝑅𝑒 . The correlations of mass transfer coefficient
for elliptic tube as given by Eq. (11), for 1350 < 𝑅𝑒 < 3370，45 < 𝑅𝑒 < 187).

K m  8.617  10 -6 Re a

1.195

Re w

0.169

Eq. (11)

The correlations of mass transfer coefficient for circular tube as given by Eq. (12) for (1544 <
𝑅𝑒 < 4018，69 < 𝑅𝑒 < 122), and Eq. (13) based on different range of air Reynolds number
(4010 < 𝑅𝑒 < 5056，66 < 𝑅𝑒 < 115).

K m  0.0003 Re a

0.7113

Re w

K m  9.6267  10 -15 Re a

0.1336

3.7154

Re w

Eq. (12)

0.0134

Eq. (13)
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Figure 10 compares the predictions of the correlations for water film heat transfer coefficient.
The correlation of Zheng et al. (2012) at air Rea of 3000 has the similar trend as the prediction of
Eq. (10) at Rea of 1000. The reason is due to the difference in the size of tube array, including the
diameter of tube and tube pitch. Figure 11 shows the comparison of the mass transfer coefficient
correlations. The studies of Zheng et al. (2012) and Hasan and Sirén (2004) does not account for
the effect of spray water flow rate on the mass transfer coefficient. Since the tube pitch in this study
is similar to the experimental size of Hasan and Sirén (2004), the predictions of these correlations
are in good agreement. However, the tube pitch of Zheng et al. (2012) experiment is much larger
than that in this study, which results in a significant different mass transfer coefficient. From these
comparison, we found that the size of heat exchanger, diameter of tube, contraction ratio of tubes
and type of spray nozzle may have a significant impact on heat and mass transfer performance in
using these correlations.
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5. CONCLUSIONS
The performance of circular tube and elliptic tube evaporative coolers were investigated
experimentally under various air flow rate and spray water flow rate, and analysis the pressure drop
and heat-mass transfer performance. It is concluded that
(1) The pressure drop of elliptic tube is lower than the circular one at various spray water flow rates,
and the main reason affecting the pressure drop is the air flow rate.
(2) When the inlet air velocity of circular tube bundles is about 2.7 m s-¹, the pressure drop with
spraying water will increase sharply. The lower contraction ratio of circular tube bundle results
in higher air velocity between the bundle, and increases the fluid film waviness with water
spraying outside the tubes. Consequently, it also affects the heat and mass transfer
performance.
(3) Both the water film heat transfer coefficient and air-water mass transfer coefficient of elliptic
tube and circular tube increase with increasing air Reynolds number. The heat and mass
transfer performance of the circular tube bundle is better than the elliptic one.
(4) Comparing the thermal-hydraulic performance of elliptical tube with circular tube, the heat and
mass transfer performance of elliptic tube is slightly smaller than the circular one. However, the
elliptic tube yields only 1/3 pressure drop as compared with circular tube.
(5) From the comparison of literatures, although the air flow rate and spray water flow rate are at
the same condition, the size of heat exchanger, diameter of tube, contraction ratio of tubes and
type of spray nozzle may have a significant impact on heat and mass transfer performance.
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ABSTRACT

Massiveness and cost have impeded the promotion of absorption heat pump (AHP) system for a
long time. An improved detachable plate falling film heat and mass exchanger (HMX) couple using
lithium bromide (LiBr) and water as working fluids is proposed and a resulting prototype is
experimentally assessed. The HMX couple can work as either a generator-condenser couple, or
an absorber-evaporator couple in an AHP using LiBr and water as working fluid. In generatorcondenser condition, overall heat and mass transfer coefficients of the generator were 0.607~1.008
kW×m-2×K-1 and 4.4×10-5~18.4×10-5 m×s-1 respectively, and overall heat transfer coefficient of the
condenser varies from 0.372 to 1.466 kW×m-2×K-1; in absorber-evaporator condition, overall heat
and mass transfer coefficients of the generator were 0.235~0.422 kW×m-2×K-1 and 0.7×105
~1.5×10-5 m×s-1 respectively, and overall heat transfer coefficient of the condenser varies from
0.785 to 1.173 kW×m-2×K-1. The experimental results of the HMX couple prototype show feasibility
to scale down the size of AHP, and promote application of absorption technology accordingly.
Keywords: Absorption System, Falling Film, Heat Transfer Coefficient, Mass Transfer Coefficient,
Plate Exchanger.

1. INTRODUCTION
Massiveness and cost have been long-standing problems of absorption heat pump (AHP) systems,
which have impeded the promotion of this technology. Many researchers attempted to scale down
the size of AHP using ammonia as refrigerant through adopting some compact heat exchanger
configurations like plate heat exchanger(Boudéhenn et al., 2012; Zacarías et al., 2010), and microchannel heat exchanger(Determan and Garimella, 2012). However, there are scarce researches
focused on compact AHP systems using water as refrigerant. Mortazavi et al. (2015) introduced an
absorber design suitable for the plate-and-frame absorber configuration. The design utilizes a fin
structure installed on a vertical flat plate to produce a uniform solution film and minimize the film
thickness, and to interrupt the boundary layer continuously. Similar structure has also been applied
and tested in a generator (Mortazavi et al., 2017). Michel et al. (2017) developed a vertical grooved
falling film absorber using a new plate-type falling film absorber design. A 1-D stationary model of
water vapor absorption in a laminar vertical falling film was introduced and validated. In our previous
study (Hu et al., 2017a), a plate falling film generator, which includes a directly connected overflow
solution distributor, was presented. This more compact novel structure, with ensured stable fallingfilm flow(Hu et al., 2017b), provides better feasibility to regulate capacity by plate assembly
compared with conventional falling film distributors. Based on the directly connected liquid
distributor, a novel plate falling film heat and mass exchanger(HMX) couple was presented and
experimentally tested when applied as a generator and condenser couple(Hu et al., 2019).
However, the wetting behavior in the prior HMX is still to be improved to enhance the overall
performance.
In this paper, a detachable plate falling film HMX couple with improved distributor when applied as
both generator-condenser couple, and absorber-evaporator couple is experimentally assessed and
analyzed.
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2. DESIGN CONCEPT
A detachable plate falling film HMX couple was firstly developed in our previous study(Hu et al.,
2019). As shown in Figure 1 b-d, a stream of working liquid (solution or refrigerant water) flows into
liquid inlet chambers (1), and is then divided and introduced to each liquid storage zone (5).With
the liquid level increasing in the liquid storage zone, it overflows the overflow weir (4) and flows into
the working fluids channel (6) in the form of a falling film adhering to the plate surface. Liquids after
experiencing a heat and mass transfer process (absorption, generation, evaporation, or
condensation) in different working fluids channels of a module (11 or 12) are streamed into a liquid
outlet chamber (8). Vapor generated (introduced) flows out of (in) a working fluids channel though
an injected vapor channel (3), and the vapor channel also functions as a liquid baffle. The vapor is
collected or divided in a vapor chamber (2). One module (11 or 12) can include multiple (although
each module consists only two units in Fig.1) projecting heat and mass transfer units. Working
fluids of the multiple units of each module are collected or divided in the chambers (1, 2, and 8)
respectively. Especially, all the chambers of a unit are settled on the same side. Therefore, the
solution distributor is asymmetric because the inlet solution enters into the distributor from only one
side of it rather than both sides in our previous study mentioned above. Two modules are entwined
together and accordingly heat medium channels (7) are developed within the spaces between the
two entwined modules. Chambers used to collect or divide the working fluids are placed on the
same side of each module, on the opposite side of the two entwined modules. The HMX presented
above, which consists of two entwined modules, is detachable since its heat medium channels can
be exposed by extracting the two entwined modules from the opposite direction. As show in Figure
1 (a), the attaching and detaching processes are similar to the entwining and loosing of fingers.
Two HMXs are coupled to reduce vacuum connection components. HMX couple is realized by
connecting two corresponding vapor chambers with two vapor pipes on the same side of two
modules from different HMX. The two pipe-connected modules can be extracted as a whole in a
detaching process. The HMX couple can be functioned as both a generator and condenser couple,
and an absorber and evaporator couple in an AHP that uses water as refrigerant.

Figure 1: Conceptual sketch of a detachable heat and mass exchanger

In this paper, some modifications were made to liquid distribution zones based on the HMX couple
prototype prior reported, in order to improve the wetting behavior and hence get a better
performance. Heat transfer area of each HMX is 1.86 m2.
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3. EXPERIMENTAL ASSESSMENT AND DISCUSSION
3.1. Experiment Description
Two experiment conditions need to be conducted: generator-condenser condition and absorberevaporator condition in order to experimentally assess the improved HMX couple comprehensively,
and two different experimental setups are necessary accordingly. The experimental methodology
for the generator-condenser condition has been presented in detail in our previous study(Hu et al.,
2019), only a description for absorber-evaporator experiment is presented here.
As shown in Figure 2, the absorber-evaporator experimental setup consists of three flow lines: the
working pair line (shown in blue), the heating water line (shown in red), and the cooling water line
(shown in green). The heat sink of the absorber is a stream of circulating cooling water produced
by an air-cooled chiller. A PID controller is used to ensure that temperature of the inlet cooling water
fluctuates within ±1℃. The heat source of the evaporator is a stream of circulating hot water heated
by electrical heaters. The strong solution is pumped from a solution tank into a pre-heater and then
into the absorber. The refrigerant water is pumped from a refrigerant water tank into the evaporator.
The electrical heaters for the heating water circuit and the solution circuit are controlled by changing
the number of working heaters, and input heat capacity of the generator is then accordingly
controlled.

Figure 2: Piping and instrumentation diagram of the experiment apparatus for absorber-evaporator
condition

The solution densities ρs,in and ρs,out are measured by corresponding Coriolis sensors. The
temperatures of the working pairs and heat mediums ts,in, ts,out, tht,w,in, tht,w,out, tcl,w,in, tcl,w,out, and tv are
measured by T type thermocouples. The inlet solution mass flow rate ms,in is measured by a local
Coriolis sensor. The flow rate of the cooling water mcl,w is measured by a magnetic flow meter. A
pressure sensor was used to measure the working pressure P, and the thermal load of the
generator Qg or the evaporator Qe is obtained through directly measuring the electrical heating rate
in the heating water circuit. All the parameters, including pressure, are measured after they were
stabilized. Under the experimental conditions, the working pressure fluctuates as the inlet
temperature of cooling water fluctuates around the set temperature of the cooling water tank (the
amplitude is usually within 20 Pa) and so are the other parameters influenced by the condensing
pressure. The mean average values within 10 minutes after all the parameters reached stable state
are taken as outcomes. Table 1 shows all the instruments mentioned above and their accuracies.
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Table 1. Instruments and accuracy

Instruments
Coriolis flow/density meter

Accuracy
±0.2%

T type thermocouple

±0.3℃
±0.5%
±0.5%
±0.5%

Pressure sensor(Setra)
Magnetic flow meter
Wattmeter (Hioki 3169-20 Clamp On Power Hitester)

The range and uncertainty of the key operating conditions used in this parametric study namely
solution and refrigerant flow rates, pressures, concentrations, and temperatures are summarized
in Table 2.
Table 2. Range and uncertainty of parameters

Range in G-C
condition

Range in A-E
condition

Uncertainty

1.8-5.8

2.7-7.4

±0.2%

kg×s
kg×s-1

0.6-1.2
1.0

1.2
1.1

±0.5%
±0.5%

kW×m-2

2.4-9.3

2.0-4.2

±0.5 %

℃

20.8

25.5

±1.44%

wt.%

48.0-54.5

47.4-52.1

±0.42%

kPa

2.4-5.5

2.2-4.4

±0.5%

Parameter
Inlet solution mass flow rate per
perimeter
Heating water mass flow rate
Cooling water mass flow rate
Heat flux in generator or
evaporator
Inlet temperature of cooling
water
Solute mass fraction of inlet
solution
Pressure

kg×m-1×min-1
-1

3.2. Data Reduction
During the data reduction process, the following assumptions were made to simplify the calculation:
1) Steady-state condition.
2) The interfacial mass transfer resistance is neglected and the interface is in an equilibrium
state.
3) The pressure and temperature of vapor is assumed to be constant in the entire generator
and condenser coupling.
4) Condensed refrigerant water at the outlet of the condenser is saturated.
5) Gas leakage is neglected and non-condensable gas is not existed in the HMXs.
6) Perfect heat insulation is assumed.
The thermodynamic properties of the water and lithium bromide mixtures were obtained using the
computational formulations from Patek and Klomfar (2006). Through the computational
formulations, xs,in and xs,out can be obtained based on ρs,in and ts,in, and ρs,out and ts,out respectively.
Equilibrium concentrations of solution xeq,in and xeq,out can be obtained based on ts,in and ts,out for a
given(measured) working pressure P respectively. The enthalpy of solution was obtained based on
solution temperature measured and solution concentration calculated, and the enthalpy of water
was obtained through local temperature and generation pressure P. Programs were coded using
EES (V10.113) (Klein and Alvarado, 2009).
Thermal load of the condenser is calculated as follows:
Eq. (1)
Qc = c p,wmcl ,w tcl ,w,out − tcl ,w,in

(

)

The logarithmic mean temperature difference in the condenser is calculated as follows:

Δtlm,c =

(t

r

− tcl , w,in ) − (tr − tcl ,w,out )
⎛ t −t
ln ⎜⎜ r cl , w,in
⎝ tr − tcl , w,out

⎞
⎟⎟
⎠

Eq. (2)

The calculated thermal load of the condenser and the logarithmic temperature difference can be
used to calculate the overall heat transfer coefficient in the condenser:
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K h ,c =

Qc
Ac × Δtlm.c

Eq. (3)

The logarithmic mean temperature difference in the evaporator is calculated as follows:

Δtlm,e =

(t

r

− tht , w,in ) − ( tr − tht , w,out )
⎛ t −t
ln ⎜⎜ r ht , w,in
⎝ tr − tht , w,out

⎞
⎟⎟
⎠

Eq. (4)

The measured thermal load of the evaporator Qe and the logarithmic temperature difference can
be used to calculate the overall heat transfer coefficient in the evaporator:

K h ,e =

Qe
Ae × Δtlm.e

Eq. (5)

In a falling film generation or absorption process, energy conservation equation of heating water is
as follows:
Eq. (6)
c p , w mw dtw = K h (tw − t s )dA
Assuming the equilibrium film exists at the interface between the gas phase and the liquid phase, thus
the mass transfer equation between solution and vapor is as follows:
Eq. (7)
dms = K m ρ s ( xeq − x)dA
Energy conservation equation of solution is as follows:

d (ms hs ) + hevap dms = c p ,w mw dtw

Eq. (8)

Conservation equation of solute mass is as follows:

d (ms x) = 0

Eq. (9)

With the measured parameters ρs,in, ts,in, ts,out, tw,in, tw,out, and Qg or Qa as boundary conditions, Kh,g
and Km,g or Kh,a and Km,a of each experiment condition can be attained by solving above
differential Eq. (6)~(9) using finite-difference method.
Outlet solution mass flow rate of the generator or absorber can be calculated through the solute
mass conservation equation. Accordingly, the generation rate is calculated as follows:
Eq. (10)
Δmg = ms ,in − ms ,out ⋅1000

(

Similarly, the absorption rate is calculated as follows:

)

Δma = ( ms ,out − ms,in ) ⋅1000

Eq. (11)

3.3. Generator-Condenser Condition
3.3.1. Generator
Figure 3 presents the effect of solution mass flow rate on heat and mass transfer performance of
the generator, with heating flux being kept at 8.0 kW×m-2. When solution mass flow rate increases
from 1.8 kg×m-1×min-1 to 5.8 kg×m-1×min-1, overall heat transfer coefficients increase from 0.607
kW×m-2×K-1 to 1.008 kW×m-2×K-1, and mass transfer coefficients increase from 4.4×10-5 m×s-1 to
18.4×10-5 m×s-1. Compared with our previous experimental results of the primitive prototype(Hu et
al., 2019)
, the improved prototype in this paper shows obvious enhancement in mass transfer performance,
and the mass transfer coefficients are in the comparable level with a conventional horizontal-tube
absorber. However, the overall heat transfer coefficients are comparatively slow due to small
water velocity in water channels(Hu et al., 2019).
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(a)

(b)

Figure 3: Comparison of heat and mass transfer performance in different solution mass flow rates

3.3.2. Condenser
Figure 4 shows the experiment results of the condenser, taking heat transfer coefficients as
functions of the evaporation rate, with cooling water mass flow and inlet cooling water
temperature being kept at 1.0 kg×s-1 and 20.8 ℃ respectively. In the generation rate range of
1.32 g×s-1-6.08 g×s-1, heat transfer coefficients of the evaporator fluctuates randomly from 0.372
kW×m-2×K-1 to 1.466 kW×m-2×K-1.

Figure 4: Effect of generation rate on the overall heat transfer coefficient in the condenser

3.4. Absorber-Evaporator Condition

3.4.1. Absorber
Figure 5 presents the effect of solution mass flow rate on heat and mass transfer performance of
the absorber. When solution mass flow rate increases from 2.7 kg×m-1×min-1 to 7.4 kg×m-1×min-1,
overall heat transfer coefficients increase from 0.235 kW×m-2×K-1 to 0.422 kW×m-2×K-1, and mass
transfer coefficients increase from 0.7×10-5 m×s-1 to 1.5×10-5 m×s-1. Both heat and mass transfer
coefficients linearly increase with the solution mass flow rate.
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(a)

(b)

Figure 5: Heat and mass transfer performance with different solution mass flow

In detail, the driving force for the absorption process is the difference between the water vapor
pressure in the LiBr solution (Ps,w) and the absorber vapor phase pressure (Pv). Any change in
temperature and concentration of the solution phase results in changes in the pressure potential
and hence the mass flux of vapor absorbed. The solution water vapor pressure (Ps,w) is the
average of the solution water vapor pressure (calculated using the corresponding solution
temperature and concentration) at the absorber inlet and outlet. The water vapor pressure in the
vapor phase (Pv) is the measured vapor pressure. Figure 6 presents variations of the absorption
rate as a function of pressure potential for the present study as well as a membrane based
absorber with heat and mass transfer areas larger than 1 m2(Ali, 2010).Mass flux of vapor
absorbed increases from 0.0007 kg×m-2×s-1 to 0.0018 kg×m-2×s-1, with water vapor pressure
potential increased from 0.7 kPa to 1.8 kPa. The Mass flux of vapor absorbed achieved in this
study is at the same level with that of the prior study.

Figure 6 Variation of mass flux of vapor absorbed as a function of water vapor pressure potential

3.4.2. Evaporator
Figure 7 shows the experiment results of the evaporator, taking overall heat transfer coefficients
as functions of the heat flux, with heating water mass flow being kept at 1.2 kg×s-1. Within the
experimental heat flux range, the overall heat transfer coefficients are linearly increase with heat
flux. The overall heat transfer coefficient of the evaporator increases by 49% from 0.785 kW×m2
×K-1 to 1.173 kW×m-2×K-1, when the heat flux increase from 2.0 kW×m-2 to 4.2 kW×m-2.
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Figure 7: Effect of heat flux on overall heat transfer coefficient in the evaporator

4. CONCLUSIONS

A detachable plate falling film HMX couple, which is capable of functioning as either a generatorcondenser couple, or an absorber-evaporator couple in an AHP using water as refrigerant, is
proposed and experimentally assessed in this paper. Some conclusions can be made as follows:
1) The proposed improved HMX coupling yields higher mass transfer coefficients in the
generator and higher overall heat transfer coefficients in the condenser;
2) The mass fluxes of vapor absorbed in the absorber achieved in this study are at a
comparable level with that of the prior study with membraned structure;
3) In the experiment heat flux range of 2.0 kW×m-2 to 4.2 kW×m-2, the overall heat transfer
coefficient of the evaporator linearly increases by 49% from 0.785 kW×m-2×K-1 to 1.173
kW×m-2×K-1.
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ABSTRACT
In order to study the frosting characteristics of the circular pipe below -60℃, a test rig for frosting
visualization on a double-pipe heat exchanger has been built based on a cascade refrigeration
system. In a series of experimental studies, the periodic melting phenomenon was observed during
the frost development and maturity period, in which the thickness of the frost layer increases and
decreases in a periodic way. The periodic frosting process in experiments is systematically
summarized. For further investigation on the frosting characteristics, a frost melting criterion is
added to the transient mathematical model of unsteady frosting on the circular pipe. The simulated
results have the same trend as the experimental results, which show, that the model can
accurately predict the melting process. The results show that the higher the humid air temperature
or wall temperature is, the earlier the melting node appears. When the first melting phenomenon
occurs, the interval of the periodic melting phenomenon becomes longer.
Keywords: Frost, Circular Pipe, Growth Rate, Periodic Melting, Low Temperature.

1. INTRODUCTION
Frosting is a common phenomenon in the field of refrigeration and cryogenic engineering, which
often occurs on cold surfaces exposed to moist air. With the growth of the frost layer, the heat
transfer efficiency of the heat exchanger decreases gradually. Therefore, it is important to
investigate the frosting process on the surface of the different heat exchangers.
Most numerical simulation of frost research focuses on predicting frost characteristic parameters
such as thickness, density and thermal conductivity (Kandula, 2012) and expanding its application
range (Kim et al., 2015). Some others have studied frost growth under natural convection and
forced convection (Lee et al., 1997) and its influencing parameters experimentally. In recent years,
some scholars have used cryogenic heat exchangers in dehumidification. In rocket launching, the
frosting also appears on the surface of cryogenic fuel tanks. These studies extend the temperature
range of frosting characteristics. Zendehboudi et al. (2017) analysed 711 data points using artificial
intelligence technology and then established a numerical model for estimating frost thickness in the
vertical direction of a low temperature surface. Kim et al. (2009) numerically studied the heat
transfer characteristics and frost formation on the surface of a low temperature oxidizer tank for a
liquid propellant rocket, where a frost layer could be a significant factor in maintaining oxidizer
temperature within a required range. Liu et al. (2016) established an experimental system of
frosting on a low temperature surface under natural convection conditions, and carried out a series
of frosting experiments under different conditions. It is found that under very low surface
temperature and natural convection conditions, the frost layer thickness declines as the surface
temperature drops. This is completely different from the phenomenon observed on ordinary cold
surfaces.
In order to investigate the frost characteristic below -60℃, an experimental platform for visual
frosting of a double-pipe heat exchanger is built. The frosting characteristics of a circular wall in
confined space are studied. Then the transient frosting model on the surface of the circular tube is
established to predict the frost parameters such as density, thermal conductivity and so on.
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2. EXPERIMENTAL RESEARCH ON THE FROST PERIODIC MELTING PROCESS
2.1

Introduction and Error Analysis of the Test Rig

The test rig for frosting visualization on a double-pipe heat exchanger is shown in Fig. 1. The test
rig is composed of three systems: the cascade refrigeration system, the visualization channel for
frosting and data acquisition system. The two-stage cascade refrigeration system is designed to
provide a constant low temperature through the refrigerant evaporation process in the pipe. The
frost visualization channel is divided into three sections. The inlet and outlet of the frost
visualization channel are the moist air parameters adjusting sections. The middle of the channel is
the frosting observation section. In addition, the data acquisition system consists of temperature
and humidity sensor, air velocity sensor, microscope, data recorder and computer.

(a) Photograph of the test rig

(b) Schematic diagram
Fig 1: The test rig for frosting visualization on the double-pipe heat exchanger

The detailed configuration of the double-pipe heat exchanger is shown in Fig. 2. The inner tube is a
thin-walled copper tube, in which evaporative R23 refrigerant is used to provide constant low wall
temperature. The frost accumulates at the outside of the copper pipe. The middle pipe is plexiglass
in which moist air circulates. The outer vacuum layer is designed to eliminate the influence of
ambient temperature on the frosting process. During the experiment, the frost formation is
observed and frost images are collected by stereomicroscope.
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(a) Axial sketch

(b) Polymethyl methacrylate(PMMA) channel
Fig 2: Frost visualization channel

As is known, the frosting process is affected by many parameters, such as wall temperature (Tw),
air temperature (Ta), flow rate (v), air relative humidity (RH), and frosting wall characteristics
(O'Neal et al., 1985). The precision of instrumentation used in this experiment is shown in Table 1.
Table 1. The precision of instrumentation

Equipment
Precision

Temperature and humidity sensor
±0.3℃
±2%

Speed sensor
±0.1m/s

Thermocouple
±0.5℃

Microscope
1080*1920

In order to ensure the reliability of the experiment, it is required that the experiment exclude the
influence of irrelevant factors, such as compressor vibration, heat transfer between environment
and frosting channel, radiation heat from light source, refraction of plexiglass tube, etc. The stability
of working conditions and the accuracy of data acquisition have a great impact on the frost
experiment. The repetitive experiment of the frost layer thickness growth is shown in Fig. 3. The air
temperature and humidity in one of the experiments is shown in (a). It can be seen that the curves
are stable, which indicates high accuracy of the test conditions. Two groups of experiments under
the same working conditions (Tw=-60 ℃ , Ta=35 ℃ , v=3m/s, RH=51%) are shown in (b). The
maximum difference of thickness between the two groups is 3.2×10 -4m, which is less than 6%.
Thus, high repeatability and reliability of the experiment results are guaranteed.

(b) Repeated experiments
(a) Test conditions
Fig 3: Test repeatability verification

2.2

Experimental Results and Analysis

The frost thicknesses at Tw=-60℃, v=6m/s and RH=80% with different Ta(10℃, 15℃ and 20℃) are
shown in Fig. 4. When Ta is 10℃, the thickness increases rapidly in the early frost stage, and then
slows down gradually in the mature stage. During the whole process, the frost rises almost
monotonously, and no obvious melting phenomenon occurs. When Ta is 15℃, the frost layer
thickness declines at 49 min and increases again after a few minutes. When Ta is 20℃, the frost
layer thickness drops at 21 min, 39 min and 58 min, showing a periodic melting-refrosting trend.
For the three air temperatures, 10℃, 15℃ and 20℃, the first melting time is 60+ min (because
there is no melting in the first 60 minutes of the blue curve), 49 min and 21 min respectively. It is
because the frost surface temperature is higher with hotter air temperature under the same frost
condition (frost thickness, frost density, etc.). The frost melting conditions is met earlier with higher
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air temperature. In addition, its frost thickness is higher in the initial 20 minutes. This can be
attributed to the larger moisture content with hotter air temperature at the same relative humidity.
Therefore, the frosting rate is elevated with larger vapour concentration difference between air and
frost layer (Leoni et al., 2017).

Fig 4: Experimental curves of the frost periodic melting process

The frost thickness is calculated from the original photo image. The frosting morphology with 15℃
air temperature is shown in Fig. 5. It drops at about 50min with obvious melted water droplets
existing on the frost surface. Then the droplets freeze and disappear, and the frost thickness
resumes to grow again at 53min. It implies that the melting of frost crystals on the frost surface is
the direct reason for the decrease of frost thickness. In the initial frosting process, the frost layer
rises gradually during the frost maturation and development period, which leads to the increase of
frost thermal resistance. The frost surface temperature continues to rise until the water droplets
temperature reaches the triple point. Afterwards, the frost crystals begin to melt and the melted
droplets infiltrate into the frost pores. When the heat resistance is reduced to decrease the frost
surface temperature, frost refreeze happens. On the one hand, frost melting reduces the frost layer
thickness. On the other, it increases the frost density and reduces its thermal resistance. Therefore,
the surface temperature and frost thickness of the frost layer behaves in a periodic way.

Fig 5: Frost surface image

3. NUMERICAL SIMULATION OF THE FROST PERIODIC MELTING PROCESS
In order to predict the frost parameters such as density, thermal conductivity conveniently, a
transient frosting model on the circular tube is established. In the model, the melting criteria is
added to the frosting model.
3.1

Frosting and Melting Models

Frosting is a very complex unsteady process with phase change, heat and mass transfer and
moving boundary. There are two renowned frost growth models based on computational fluid
dynamics and numerical heat transfer. One is O'Neal's porous medium diffusion model (ÓNeal et
al., 1984), the other is the semi-empirical quasi-steady frost formation model (Padki et al., 1989).
This paper mainly studies the characteristics of the melting process instead of the micro-
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mechanism of frosting in frosting maturity and development period (Hayashi et al., 1977).
Therefore, the semi-empirical quasi-steady frosting characteristic model is adopted to calculate the
heat transfer coefficient according to the correlation formula. The Lewis analogy theory is
introduced to calculate the corresponding mass transfer coefficients. Then the total amount of frost
and the average thickness of the frost layer at different times can be obtained according to the
experimental correlation of frost layer density (Jone and Parker, 1976). In the frosting process, the
melting criterion and the re-frosting criterion are added to the transient frosting and melting model.
According to the characteristics of convective mass transfer, the mass transfer in frosting process
is shown in Eq. (1).
Eq. (1)
m = 0.018hm (Ca − Cs )
-2 -1
-1
where, m is the mass transfer rate in kg·m ·s , hm is the mass transfer coefficient in m·s , Ca is
the vapour concentration of the air in mol·m -3, Cs is the vapour concentration of the frost in mol·m -3.
According to the analogy theory, the mass transfer coefficient can be calculated from the heat
transfer coefficient (as shown in Eq.(2)).
−

2

hm Le 3 ( a / D )
=
=
h
cp
cp

−

2
3

Eq. (2)

where, h is the heat transfer coefficient in W·m -2·K-1, Le is the Lewis number,  is the density in
kg·m -3, cp is the specific heat capacity in J·kg -1·K-1, a is the thermal diffusivity coefficient in m 2·s-1,
D is the coefficient of diffusion in m 2·s-1.
According to the Eq. (1) and Eq. (2), neglecting the vapour in the frost, we can get Eq. (3).

m

(a / D)
= 0.018h
cp

−

2
3

p
8.314Ta

Eq. (3)

where, p is the pressure in Pa, Ta is the temperature in K.
The heat exchange between moist air and frost layer consists of two parts: sensible and latent heat.
Diffusion heat transfer coefficient is introduced to calculate latent heat flow. Therefore, the total
heat transfer is shown in Eq. (4).

q = h (Ta − Tfr ) + m fr  fr = ( h + hs ) (Ta − Tfr )

Eq. (4)

where, q is the heat exchange in W, Tfr is the frost surface temperature in K,  fr is the
desublimation latent heat of water vapour in J·kg -1, hs is the diffusion heat transfer coefficient in
W·m-2·K-1.
3.2

Comparisons Between Simulation and Experimental Results

The experimental and simulated results of frost thickness at different Ta(10℃,15℃ and 20℃) is
shown in Fig. 6. The “Sim” stands for the simulated result and the “Exp” stands for the
experimental result. For Ta=10℃, as shown in (a), the two curves fit very well in the initial 15
minutes. After 15 min, the experimental results are slightly lower than the simulated results. The
maximum discrepancy is 11.9% at 25min. There is no frost thickness undulation in both curves.
For Ta=15℃, as shown in (b), the simulated curve drops at 40min, while the experimental curve
drops at 49min. The results show that the thickness growth rate of the experimental curve is
slightly lower than that of the simulated results between 15min and 49min. On the premise of the
same vapour condensation quality, the experimental results have smaller thickness, larger density,
smaller thermal resistance and lower surface temperature. Therefore, the experimental results
reach the melting condition later. For Ta=10℃, as shown in (c), both the thickness of the frost layer
and the melting time have high similarity between the simulation and the experimental result, which
implies that the simulated results can predict the transient periodic frosting process.
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（a）Ta=10℃
（b）Ta=15℃
（c）Ta=20℃
Fig 6: Comparison of simulated and experimental results of frost growth curve at different Ta

3.3

Analysis of the Frosting Process at Different Ta and Tw

The simulated results of the frost thickness growth curve under different Ta are compared in Fig. 7.
Before occurrence of frost melting, the frost growth rate is higher with hotter air temperature. The
reason is that improved heat transfer can be obtained with larger temperature difference between
the air and the wall. More water vapour condenses into frost according to Lewis analogy theory. In
addition, earlier melting phenomena appear with higher air temperature. For instance, when
Ta=20℃, the occurrence of the melting phenomenon in the simulation is 23 min, 37 min and 58 min.
After the first melting phenomenon, the interval of the next melting phenomenon becomes longer.
This is because the growth rate of the frost layer thickness gradually slows down during the
frosting process in the curve of 10 ℃ . Therefore, the deterioration rate of the frost thermal
conductivity becomes slower (as shown in the curve of 10℃ in (b)), so the interval between the
next melting phenomenon becomes longer.
The simulated results of the frost thickness growth curve under different Tw is shown in Fig. 8. All
three curves show multiple periodic melting processes, the same as the red carve shown in Fig. 7.
Earlier melting phenomena appear with higher wall temperature and frost surface. Moreover, after
the first melting phenomenon, the interval of the melting phenomenon becomes longer.

(a) Thickness

(b) Thermal resistance

Fig 7: Simulated results of the frost periodic melting process at different Ta

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1772

(a) Thickness

(b) Thermal resistance

Fig 8: Simulated results of the frost periodic melting process at different Tw

4. CONCLUSIONS
The frost periodic melting process is observed in the frosting experiment of wall-temperature at 60 ℃ . First, the experimental phenomena of the frost periodic process are systematically
summarized. Then, the melting criterion is added to the transient mathematical model of frosting.
The simulated results have the same trend as the experimental results, which shows that the
model can accurately predict the melting process. Comparing the results of experiments and
simulations, the following conclusions are drawn:
1) Frost thickness undulations and a clear periodic trend were observed as the air temperature
rises. Water droplets on the frost surface were captured and it is assumed that the frost thickness
reduction is caused by frost crystals melting.
2) The melting criterion is added to the transient mathematical model of unsteady frosting on the
surface of a circular pipe. With experimental results validated, the transient model can be used to
predict the periodic melting process.
3) The frost layer melts earlier with higher air temperature or wall temperature. Besides, after the
first melting phenomenon, the interval of the periodic melting phenomenon becomes longer.
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NOMENCLATURE
m

hm
Ca
Cs
v
h
hs

 fr

cp
RH

mass transfer rate (kg·m ·s )
mass transfer coefficient (m·s-1
vapour concentration of the air (mol·m -3)
vapour concentration of the air (mol·m -3)
flow rate (m·s-1)
heat transfer coefficient (W·m -2·K-1)
diffusion heat transfer coefficient (W·m -2·K-1)
latent heat of desublimation (J·kg -1)
specific heat capacity (J·kg-1·K-1)
relative humidity(%)
-2

-1

a
D
P
Ta
Tw
Tfr



q
Le

thermal diffusivity coefficient (m2·s-1)
coefficient of diffusion (m2·s-1)
pressure (Pa)
temperature (K)
wall temperature (K)
frost surface temperature (K)
density (kg·m -3)
heat exchange (W)
Lewis number
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ABSTRACT
Natural refrigerants such as carbon dioxide (R744) are gaining increased interest as industry
searches for alternatives with minimal environmental impacts. However, R744-based systems have
lower operating efficiencies as compared to hydrofluorocarbon-based systems, particularly in hot
climates. Implementing pressure exchanger (PX) technology may enable R744 systems to operate
over a broader range of operating temperatures. A PX consists of narrow longitudinal channels
positioned radially around a rotating cylinder. High- and low-pressure fluids flow into the PX and
exchange pressure, creating an intermediate-pressure flow. In this paper, the design of the PX will
be discussed, and a model of the PX will be developed. Refrigeration system designs implementing
the PX will be presented. It will be shown that the PX has the potential to boost the coefficient of
performance (COP) of R744 systems by over 25% compared to standard transcritical R744 booster
systems.
Keywords: Carbon Dioxide (Refrigerant), Commercial Refrigerator, Energy Efficiency, Pressure.

1. INTRODUCTION
The irreversibility associated with compression and expansion processes represents a significant
portion of the total irreversibility in vapor compression refrigeration cycles. Throttling and
compression losses can be reduced by taking advantage of the flow work which is otherwise lost
when refrigerant is expanded from high pressure to low pressure. This is particularly attractive for
carbon dioxide (CO2) refrigeration systems since a high mean pressure exists and a significant
amount of work can be produced in the liquid phase.
One solution for reducing throttling losses is to directly recover expansion work by using a work
recovery expander. However, the work produced by the expander must be used immediately, for
example, to drive a system compressor. Alternatively, the energy produced by the expander can be
converted to electrical energy and stored in a battery; however, energy losses are associated with
the conversion and storage processes. Cycle efficiencies may increase by up to 17% with expanders
(Groll and Kim, 2007). Another solution to recover expansion losses is to use an ejector expansion
device. In an ejector, the high-pressure stream exiting the gas cooler expands through a nozzle,
partially compressing the vapor refrigerant exiting the evaporator. The cycle efficiency is increased
because the compressor operates at a reduced pressure ratio as compared to a cycle without an
ejector. Analysis shows that the simple CO2 refrigeration system cycle efficiency may increase by
up to 16% with an ejector expansion device (Groll and Kim, 2007). However, system control is
challenging since a combination of liquid and vapor expanders is required.
In this project, it is proposed to use a pressure exchanger to reduce the expansion losses in
refrigeration systems. A pressure exchanger consists of a cylindrical rotor with an array of channels
arranged around the axis of the rotor. The rotor spins between two stationary end plates, each of
Notice: This manuscript has been authored by UT-Battelle, LLC, under Contract No. DE-AC05-00OR22725
with the U.S. Department of Energy. The United States Government retains and the publisher, by accepting
the article for publication, acknowledges that the United States Government retains a non-exclusive, paid-up,
irrevocable, world-wide license to publish or reproduce the published form of this manuscript, or allow others
to do so, for United States Government purposes.
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which contains ports for controlling fluid flow into and out of the rotor channels. Through rotation, the
channel ends are periodically exposed to differing port pressures, initiating compression and
expansion within the rotor channels. Thus, the pressure of a high-pressure stream can be transferred
to a low-pressure stream, thereby raising the pressure of the low-pressure stream and reducing the
pressure of the high-pressure stream. A cut-away view of a pressure exchanger as well as the rotor
are shown in Fig. 1 (Energy Recovery, 2017).

(a)

(b)

Figure 1: Pressure exchanger: (a) cut-away view of pressure exchanger, showing rotor (center)
and inlets and outlets for low-pressure and high-pressure flows, and (b) detail of rotor
(Energy Recovery, 2017)

2. POTENTIAL APPLICATION AND APPROACH
An attractive application of the pressure exchanger is to increase the efficiency of transcritical CO 2
refrigeration cycles (Fig. 2a). It is proposed to pass the high-pressure refrigerant stream from the
gas cooler into the pressure exchanger in order to increase the pressure of the flash gas exiting the
flash tank (Fig. 2b). A significant flow of flash gas exists, particularly when the ambient temperature
is high, and this flash gas does not produce any useful refrigerating effect. Rather than using the
medium-temperature compressors to compress this flash gas, a pressure exchanger can be used to
increase the pressure of the flash gas stream, thereby reducing the power consumption of the
medium-temperature compressors. An alternative configuration consists of passing the mediumtemperature suction flow through the pressure exchanger prior to entering the medium-temperature
compressors (Fig. 2c).

(a)

(b)

(c)

Figure 2: Transcritical CO2 booster refrigeration system configurations: (a) Basic cycle without
pressure exchanger, (b) Cycle with pressure exchanger on flash gas bypass, and (c) Cycle with
pressure exchanger on medium-temperature compressor suction

In order to determine the potential enhancement in efficiency that a pressure exchanger could
provide to refrigeration systems, an analytical model of the pressure exchanger will be developed to
determine the pressure exchanger effectiveness under a variety of operating conditions, such as
liquid-to-liquid, gas-to-gas, or gas-to-two-phase pressure exchange. In addition, computational fluid
dynamics (CFD) simulations of the pressure exchanger will be performed to determine the details of
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the fluid flow through the pressure exchanger. Such simulations will provide insight into the
parameters which affect pressure exchanger design and allow for optimization of the device.

3. ANALYTICAL MODEL
The proposed pressure exchanger technology has fundamental resemblance to a heat exchanger.
While a heat exchanger mainly transfers “heat” energy between two fluids streams, a pressure
exchanger functions to transfer “work” energy between two streams. Table 1 summarizes the
similarities and differences between heat and pressure exchangers.
Table 1. Similarities and differences between heat and pressure exchangers

Heat exchanger
Pressure exchanger
Transfer heat energy
Transfer work energy
Involves heat losses
Involves pressure losses
Fluids can be in liquid/gas or 2-phase state
Fluids can be in liquid/gas or 2-phase state
Phase change process can occur during the Phase change process can occur during the
transport process
transport process
Geometry established the effectiveness
Geometry established the effectiveness
Regardless of the fundamentals and functions, the pressure exchanger belongs to the class of turbomachines and it is important to establish the basic characterization parameters of the device.
However, before going to the details of momentum transfer, it is advisable to develop the
“effectiveness” of a pressure exchanger based on similarities between a heat exchanger and a
pressure exchanger. Table 2 presents some important analysis in this regard where the
effectiveness correlation for a pressure exchanger is developed on the same foundations as the
effectiveness of a heat exchanger.
Table 2. Effectiveness of a pressure exchanger vs. a heat exchanger

Heat exchanger
𝑞𝑚𝑎𝑥 = 𝐶𝑚𝑖𝑛 (𝑇ℎ,𝑖 − 𝑇𝑐,𝑖 )
𝑞
𝜀=
𝑞𝑚𝑎𝑥
𝐶𝑐 (𝑇𝑐,𝑜 − 𝑇𝑐,𝑖 )
𝜀=
𝐶𝑚𝑖𝑛 (𝑇ℎ,𝑖 − 𝑇𝑐,𝑖 )
𝑞 = 𝜀𝐶𝑚𝑖𝑛 (𝑇ℎ,𝑖 − 𝑇𝑐,𝑖 )
𝐶𝑚𝑖𝑛
𝜀 = 𝑓 (𝑁𝑇𝑈,
)
𝐶𝑚𝑎𝑥
𝑈𝐴
𝑁𝑇𝑈 ≡
𝐶𝑚𝑖𝑛

Pressure exchanger
𝑊𝑚𝑎𝑥 = 𝑣𝑚𝑖𝑛 (𝑃ℎ,𝑖 − 𝑃𝑙,𝑖 )
𝑊
𝜀=
𝑊𝑚𝑎𝑥
𝑣𝑙 (𝑃𝑙,𝑜 − 𝑃𝑙,𝑖 )
𝜀=
𝑣𝑚𝑖𝑛 (𝑃ℎ,𝑖 − 𝑃𝑙,𝑖 )
𝑊 = 𝜀𝑣𝑚𝑖𝑛 (𝑃ℎ,𝑖 − 𝑃𝑙,𝑖 )
𝑣𝑚𝑖𝑛
𝜀 = 𝑓 (𝑁𝑇𝑈,
)
𝑣𝑚𝑎𝑥
𝑥
𝑁𝑇𝑈 ≡
𝑣𝑚𝑖𝑛 . ∆𝑃𝑚𝑖𝑛

It is important to note the numerator for last parameter (x) must be a pressure conductance term
(reverse of resistance for work transfer), which is analogous to the overall heat transfer conductance
for a heat exchanger.
Considering the pressure exchanger to be a class of turbo-machinery (Fig. 3), using the Euler’s
equation for a rotor running at an angular velocity of Ω, the rate at which the rotor does work on the
fluid is given by the following equation:
𝜏𝐴 𝛺 = 𝑚̇(𝑈2 𝑐𝜃2 − 𝑈1 𝑐𝜃1 )

Eq. (1)

From the above correlation, we can develop the following correlations for the two fluids streams of
the pressure exchanger (Fig. 4). For the lower pressure stream, the work is defined as follows:
𝑊̇𝐿𝑃 𝜏𝐴 Ω
Δ𝑊𝐿𝑃 =
=
= 𝑚̇𝐿𝑃 (𝑈2 𝑐𝜃2 − 𝑈1 𝑐𝜃1 ) > 0
Eq. (2)
𝑚̇𝐿𝑃 𝑚̇𝐿𝑃
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Figure 3: The schematic for turbomachinery

Figure 4: Pressure exchanger between high-pressure (HP) and low-pressure (LP) fluid streams

Similarly, for the fluid stream at higher pressure, the work is defined as follows:
𝑊̇𝐻𝑃
𝜏𝐴 Ω
Δ𝑊𝐻𝑃 =
=
= 𝑚̇𝐻𝑃 (𝑈4 𝑐𝜃4 − 𝑈3 𝑐𝜃3 ) < 0
𝑚̇𝐻𝑃 𝑚̇𝐻𝑃

Eq. (3)

As such, we can define the efficiency of the pressure exchanger as the ratio of the work transfer to
the low-pressure fluid from the high-pressure fluid:
Δ𝑊𝐿𝑃
𝜂𝑃𝑋 =
Eq. (4)
Δ𝑊𝐻𝑃
1
2

By defining stagnation enthalpy as ℎ0 = ℎ + 𝑐 2 , we can define a term commonly known as rothalpy,
1

R, where 𝑅 = ℎ + 2 𝑐 2 − 𝑈𝑐𝜃 . Considering rothalpy, another characterization parameter is work lost
due to the inefficiency of the pressure exchanger as follows:
𝑅𝑙𝑜𝑠𝑡,𝑃𝑋 = Δ𝑅𝐻𝑃 − Δ𝑅𝐿𝑃

Eq. (5)

4. NUMERICAL MODEL
4.1.

Numerical Model Development

The performance of the pressure exchanger was modelled and simulated using the computational
fluid dynamics (CFD) software package ANSYS Workbench™. For the CFD modelling, a computeraided design (CAD) model of the pressure exchanger was generated, as illustrated in Fig. 5. In the
CAD model, the high-pressure fluid flows into and out of the pressure exchanger are designated as
the “primary” flows while the low-pressure fluid flows into and out of the pressure exchanger are
designated as the “secondary” flows. Two primary and two secondary inlet ports as well as two
primary and two secondary outlet ports were modelled. The CAD model of the pressure exchanger
has the following dimensions:
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•
•
•
•

Duct length = 0.19 m
Duct diameter = 0.02 m
Rotor outside diameter = 0.18 m
Inlet/outlet port depth = 0.05 m.

Figure 5: Pressure exchanger CAD model and generated mesh

A structured mesh for the pressure exchanger was created and the mesh was refined at the fluid
inlets and outlets. The mesh consisted of a total of 316000 cells. A pressure-based transient model
was used for the simulation. The velocity-pressure coupling selected for the simulation was
Pressure-Implicit with Splitting of Operators Pressure (PISO) with second order spatial discretization
for an accurate solution. The flow through the pressure exchanger was considered to be turbulent
and the realizable k-ɛ algorithm was selected as the turbulence model. A fixed time step of 0.001
seconds was used, and convergence of the solution was satisfied by reaching iteration residuals
below 10-4 for the mass and momentum equations and 10-6 for the energy equation. The
thermodynamic properties of the fluid (R744) were generated using a user-defined function (UDF)
consisting of the Redlich-Kwong equation-of-state to model the real gas properties. The rotational
speed of the pressure exchanger rotor was set to 1000 RPM and a total simulation time of 0.75
seconds was achieved.
The inlet ports of the pressure exchanger were treated as velocity inlet boundary conditions and the
outlet ports were considered to be pressure outlet boundary conditions. The inlet and outlet boundary
conditions are summarized in Table 3. Note that the values in bold in the table are calculated by the
software. The remaining boundaries were assumed to be adiabatic wall boundary conditions.
Table 3. Boundary conditions for the CFD model

Boundary
condition type
Temperature (K)
Pressure (MPa)
Velocity (m∙s-1)
4.2.

Primary inlet

Primary outlet

Secondary inlet

Secondary outlet

Velocity inlet

Pressure outlet

Velocity inlet

Pressure outlet

320
6.96
6

307
5.5
7.63

320
5.7
6

331
6.75
7.88

Numerical Model Results

The CFD model was stable and the convergence criteria was satisfied for each time step. Table 3
illustrates the change of the temperature, pressure and velocity of the fluid between the primary and
secondary flow inlet and outlet ports. For the primary flow, the pressure and temperature of the fluid
decrease from the inlet to the outlet while the velocity increases. However, for the secondary flow,
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all of the fluid properties increase from the inlet to the outlet. The values shown in Table 3 represent
an average over time. Furthermore, the CFD results show that the pressure of the fluid at the inlets
and outlets oscillates with a frequency of around 18 Hz due to the rotor rotational speed of
1000 RPM. The amplitude of the pressure oscillation is below 5% of the mean pressure. Note that
the secondary losses due to friction, heat transfer, eddies and leakage were not considered in this
CFD simulation for simplicity. The simulated model has shown the ability of a pressure exchanger to
be utilized for energy recovery in a transcritical CO2 refrigeration system.
The magnitudes of the velocities at the primary and secondary flow inlets/outlets at time = 0.6
seconds are shown in Figs. 6a and 6b. The flow in general exhibits a uniform velocity at the inlet and
outlet ports, except for one side of all the outlet ports where the flow accelerates. This is due to the
relative motion between the rotor and the stationary outlet ports.

(a)

(b)

Figure 6: Contour plot of velocity magnitude at 0.6 seconds at (a) the primary flow side, and (b) at
the secondary flow side.

5. CONCLUSIONS
The pressure exchanger is a potential work recovery device which can lead to significant energy
savings in commercial refrigeration system; particularly, CO 2 based trans-critical refrigeration
systems operating at elevated pressures. To fully explore the potential of the device; first first-hand
principles are used to compare the working principle to a heat exchanger. Based on analysis, a
couple of performance parameters have been defined which can be used to characterize the
operation of the device. Following that, a CFD model was generated for simulation of energy
recovery of R744 fluid streams. The simulations have shown the validity of the device to recover
energy between supercritical and superheated flow. At the outlets, a uniform outlet velocity
magnitude has been observed except for local areas on one side of the outlet ports. As a next step,
the both the analytical and CFD models will be expanded and experiments will be conducted to
explore the full-potential of the technology.
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NOMENCLATURE
q
C
UA
P
cӨ
m
ε
min
h
i
HP

Heat transfer (W
W
Work (W)
Heat capacitance (W/K)
NTU Number of transfer units
Overall heat transfer coefficient (W/K) v
Volumetric flow rate (m3/s)
Pressure (Pa)
x
Non-dimensional parameter
Tangential velocity
U
Velocity
Mass flow rate
R
Rothalpy
Effectiveness
Ω
Rotational velocity
Subscripts
Minimum
max Maximum
Hot
c
cold
Inlet
o
Outlet
High Pressure
LP
Low Pressure
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ABSTRACT
PvTx properties of a binary mixture of 50 mass% HFO1123 (trifluoroethene) + 50 mass% HFO1234yf
(2,3,3,3-tetrafluoroprop-1-ene) were measured in the temperature range from 294 to 410 K, in the
density range between 83 kgꞏm-3 and 905 kgꞏm-3, and at pressures up to 8.1 MPa by an isochoric method,
and the obtained data are compared with an equation of state (EOS) compiled in REFPROP 10.0. In
addition, the critical parameters and saturated densities of the mixture were measured. Vapor-liquid
equilibrium of HFO1123 + HFO1234yf was also measured at temperatures from 273 to 313 K by a
recirculation method, and the binary interaction parameter of a cubic EOS was determined.
Keywords: PvTx Property, Saturated Density, Critical Parameter, VLE, HFO1123, HFO1234yf

1. INTRODUCTION
Global warming is a very serious issue, and hydrofluorocarbon (HFC) refrigerants currently used in
air conditioners, refrigerators, and heat pump systems are essential to be replaced to alternatives
with lower GWPs (Global Warming Potentials) in the near future. Hydrofluoroorefins (HFOs) with
carbon-carbon double bonds have low GWPs, and great attention has been taken to HFOs.
HFO1123 (trifluoroethene, CF2=CHF) is has a lower normal boiling temperature of 200 K compared
with other HFOs and has a low GWP less than unity. Therefore, it is considered to be a one of the
attractive refrigerants for air conditioners and refrigerators. Thermodynamic properties of HFO1123
were recently measured by the authors (Higashi and Akasaka,2016; Higashi et al.,2018) and by
Fukushima et al. (2016), and then, an accurate equation of state (EOS) with Helmholtz free energy
was formulated by Akasaka et al. (2016) based on the experimental data. However, pure HFO1123
is concerned with disproportionation reaction, and is expected to be used as mixtures with HFC32
(difluoromethane, CH2F2) and HFO1234yf (2,3,3,3-tetrafluoroprop-1-ene, CF3CF=CH2). Hence,
thermodynamic properties of those mixtures are highly required, but there are no available
experimental data of HFO1123 + HFO1234yf as of now. In this study, PvTx properties of a binary
mixture of 50 mass% HFO1123 + 50 mass% HFO1234yf were measured in the temperature range
from 294 to 410 K, in the density range between 83 kgꞏm-3 and 905 kgꞏm-3, and at pressures up to
8.1 MPa by an isochoric method, and the critical parameters and saturated densities were measured.
In addition, vapor-liquid equilibrium (VLE) of HFO1123 + HFO1234yf was also measured at
temperatures from 273 to 313 K by a recirculation method.

2. EXPERIMENTAL
2.1.

Samples

The samples of HFO1123 and HFO1234yf were furnished by AGC, Inc., Japan, and the sample
purities of them are more than 0.999 in volume fraction. These samples were used without further
purification.
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2.2.

PvTx Properties

PvTx properties were measured by an isochoric method, and details of the apparatus are described
in previous papers (Kobayashi et al.,2011; Higashi,2016)). The vapor pressure of HFO1123 was also
measured with this apparatus (Higashi et al.,2018). A pressure vessel of the apparatus, which is
made of stainless steel, was installed in a silicone-oil thermostated bath, and temperature fluctuation
of the silicone-oil in the bath was kept within 3 mK. The temperature was measured with a 25 
standard platinum resistance thermometer calibrated against ITS-90 with an AC thermometer bridge.
The uncertainty in temperature measurements was estimated less than 5 mK. Pressure was
measured with a pressure transducer connected to the pressure vessel directly, and the uncertainty
in pressure measurements was estimated less than 1.0 kPa. The density was determined from the
sample mass and the inner volume of the vessel with tubing and valves. The volume of the vessel
was calibrated using HFC134a and HFC32 as reference fluids. The uncertainty in density
measurements was estimated to be within 0.15 %.
2.3.

Critical Parameters and Saturated Densities

The critical parameters and saturated densities of 50 mass% HFO1123 + 50 mass% HFO1234yf
were measured by the visual observation of meniscus disappearance (Okazaki et al.,1983;
Higashi,1994). The apparatus consists of three pressure vessels; optical cell, expansion cell, and
supplying cell, the inner volumes of which are 11.638 ± 0.008 cm3, 8.949 ± 0.003 cm3 and 77.575 ±
0.016 cm3, respectively. The optical cell is a barrel-type cylindrical vessel and has two Pyrex glass
windows for observing the meniscus disappearance and the intensity of critical opalescence of
sample. The apparatus was installed in a silicone-oil bath. The temperature was measured with a 25
 standard platinum resistance thermometer calibrated against ITS-90 with an AC thermometer
bridge. The uncertainty in temperature measurements was estimated to be within 10 mK.
2.4.

Vapor-Liquid Equilibrium

Vapor-liquid equilibrium of HFO1123 + HFO1234yf was measured by a recirculation method, and
details of the apparatus are given in a previous paper (Sakoda et al.,2017). An equilibrium cell with
an inner volume of 265 cm3 has optical windows to observe the meniscus of sample at the vaporliquid interface. In the recirculation method, the saturated vapor is extracted from the top of the cell
and supplied to the liquid phase from the bottom of cell by a magnetic circulation pump. The
saturated liquid is also extracted from the bottom of the cell and supplied to the vapor phase from
the top of the cell. The samples of saturated vapor and liquid are extracted under steady state
condition by hexagon valves, and the concentrations of the extracted samples were measured by a
gas chromatograph. The cell was installed in a silicone-oil thermostated bath. The pressure of the
sample was measured with the pressure transducer connected to the cell and installed in the bath.
The uncertainties in temperature and pressure measurements were estimated to be within 10 mK
and 2 kPa, respectively.

3. EXPERIMENTAL RESULTS
3.1.

PvTx Properties

The distributions of the obtained PvTx properties of 50 mass% HFO1123 + 50 mass% HFO1234yf
along seven isochores between 83 kgꞏm-3 and 905 kgꞏm-3, in the temperature range from 294 to 410
K and at pressures up to 8.1 MPa are shown on the temperature-pressure plane in Fig. 1. The data
in Fig. 1 include those in the vapor-liquid two phase region, which are useful to confirm consistency
among the obtained data. The isochore of 501 kgꞏm-3 is close to the critical density. There is not an
accurate EOS for the binary system of HFO1123 + HFO1234yf although accurate EOSs for the pure
components of HFO1123 (Akasaka et al.,2016) and HFO1234yf (Richter et al.,2011) have been
already formulated, which are compiled in a NIST thermophysical properties database of REFPROP
10.0 (Lemmon et al.,2018). In REFPROP, an EOS for the binary system of HFO1123 + HFO1234yf
are available using the pure EOSs for HFO1123 and HFO1234yf by Akasaka et al. (2016) and
Richter et al. (2011), respectively, with mixing parameters estimated from a similar substance as a
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default setting. For HFO1123 + HFO1234yf, the mixing parameters are estimated from the binary
system of HFO1234yf + HFO1234ze(E). However it should be noted that the mixing parameters are
not optimized using experimental data of HFO1123 + HFO1234yf because of no available data of
this system. The present data are compared with the EOS of this system by REFPROP with the
default mixing parameters. The density deviations of the present data in the only single phase from
the EOS are shown in Fig. 2. The EOS represents the isochore of 83 kgꞏm-3 well within 0.5 %, but
shows large deviations around the isochore of 510 kgꞏm-3.
50 mass% HFO1123 + 50 mass% HFO1234yf
-3

800 kgꞏm
-3
-3
703 kgꞏm
905 kgꞏm
-3
510 kgꞏm
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0
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P / kPa

6000

23
O1
HF

50 mass% HFO1123 +
50 mass% HFO1234yf
Phase boundary
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Figure 1: Experimental results of PvTx properties of 50 mass% HFO1123 + 50 mass% HFO1234yf on
the temperature-pressure plane
50 mass% HFO1123 + 50 mass% HFO1234yf
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-3
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-3
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10
-3
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Figure 2: Density deviations of PvTx properties of 50 mass% HFO1123 + 50 mass% HFO1234yf in the
single phase from the EOS by REFPROP with the estimated default mixing parameters

3.2.

Critical Parameters and Saturated Densities

The saturated vapor and liquid densities of 50 mass% HFO1123 + 50 mass% HFO1234yf were
determined by the visual observation of meniscus disappearance in the temperature range between
327.05 and 350.59 K. In addition, the saturated densities were also determined by the obtained PvTx
property data in the temperature range from 313.15 to 347.89 K. The results are shown in Fig. 3 on
the temperature-density plane. On the basis of the meniscus observation in the critical region, the
critical temperature and critical density were determined in consideration of the meniscus
disappearing level as well as the intensity of critical opalescence. The critical opalescence was
observed at four densities between 348.9 kgꞏm-3 and 449.4 kgꞏm-3 in Fig. 3, and by the level of the
disappearing and appealing of meniscus, the critical temperature and density are finally determined
as:
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Tc = 349.40 ± 0.02 K

Eq. (1)

And:

c = 510 ± 3 kgꞏm-3

Eq. (2)

Moreover, the critical pressure was determined as:
Pc = 4212 ± 2 kPa

Eq. (3)

from the PvTx property measurement of the isochore of 510 kgꞏm-3 at the critical temperature. The
estimated critical temperature, density, and pressure by REFPROP 10.0 are 347.80 K, 478 kgꞏm-3,
and 4227 kPa, respectively. The saturated densities calculated from REFPROP are systematically
lower than the experimental data as shown in Fig. 3. The experimental critical point of the mixture
are useful to modify the EOS behavior by optimizing the mixing parameters to the critical point, and
then, the calculated saturated densities will agree with the experimental data.
50 mass% HFO1123 + 50 mass% HFO1234yf

360
350

T/K

340
330
320
310
300
0

200

400

600

800

1000

-3

 / kgꞏm

Present data by the visual observation of meniscus disappearance
Present data by the PvTx properties
Present data of the critical point
The critical point estimated by REFPROP
Phase boundary calculated by REFPROP

Figure 3: Saturated densities of 50 mass% HFO1123 + 50 mass% HFO1234yf by the visual
observation of meniscus disappearance and PvTx properties with the critical point

3.3.

Vapor-Liquid Equilibrium

The obtained VLE data at five isotherms from 273 to 313 K are shown in Fig. 4 on (a) the pressureconcentration plane and (b) vapor concentration-liquid concentration plane. In this work, a cubic
Peng-Robinson (PR) EOS is adopted for comparisons, and the interaction parameter of kij was
determined based on the experimental data as kij = 0.0102. The experimental data are compared
with the PR EOS and the EOS by REFPROP with the estimated default mixing parameters as well
as the comparisons of PvTx properties. The shapes of the VLE calculated by the PR EOS and the
REFPROP EOS are very similar. Smaller pressure deviations from the REFPROP EOS are observed
in Fig. 5 at (a) the dew points than the PR EOS, but on the other hand, the deviations at (b) the
bubble points are larger. The two EOSs are slightly different from each other systematically, and the
degree of agreement with the experimental data is almost the same.
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Figure 4: Experimental results of VLE for HFO1123 + HFO1234yf. (a) P-x diagram, (b) x-y diagram

HFO1123 + HFO1234yf, Bubble-point pressure
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Figure 5: Pressure deviations of VLE for HFO1123 + HFO1234yf. (a) Dew point, (b) Bubble point

4. CONCLUSIONS
The PvTx properties of 50 mass% HFO1123 + 50 mass% HFO1234yf were measured by the
isochoric method. The saturated densities of the mixture were measured by the visual observation
and the obtained PvTx properties, and the critical parameters are determined. In addition, the VLE
data of HFO1123 + HFO1234yf were measured by the recirculation method. The mixing parameter
of PR EOS was determined based on the experimental VLE data. The present data are compared
with the EOS by REFPROP, are useful to optimize the mixing parameters for the formulation of a
more accurate EOS.
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ABSTRACT
The F-Gas regulation and the resulting phasedown of fluorinated hydrocarbons (HFOs) as safe
refrigerants (e.g R407C and R410A) effects an increase in research and development activities for
alternative low GWP refrigerants. Besides new synthetic refrigerants, there is a focus on natural
refrigerants like hydrocarbons, ammonia and carbon dioxide (Europäisches Parlament 2014).
The relevant alternative refrigerants are characterized by a low GWP and good thermodynamic
properties. However, they are dangerous to humans (e.g., through a high flammability) and nature
by different degrees in case of leakage. Thus, the development of safety concepts has become of
central importance in the R&D of heat pumps and chillers with a strong focus on indoor units.
In this work, a safety element adsorbing the refrigerant in the event of an occuring leakage will be
presented. The adsorption process is coupled to the refrigerant system in order to reduce the
refrigerant release in huge amount. The main focus of this presentation is set on the evaluation
and the choice of the adsorption material for the uptake of a flammable refrigerant. Therefore, the
material characteristics of certain adsorptive materials were characterized with respect to the
specific surface (BET surface), pore geometry and the adsorption equilibrium and enthalpy at
different temperatures and pressures.
Keywords: Heat Pumps, Leakage, Safety, Natural Refrigerant, Sorption.

1. INTRODUCTION
Due to F-gas regulations and the resulting phase down of high GWP (global warmth potential)
refrigerants like R207C and R410A, rising effort is spent in academic and industrial research and
development towards the use of refrigerants with low GWP. Especially, natural refrigerants like
hydrocarbons and carbon dioxide are of interest. Unfortunately, these are often dangerous to
humans and nature by different degrees in case of leakage and their use demands a safety
mechanism.
To reduce the mass of refrigerant released when a leak occurs, sorption materials can adsorb the
refrigerant and keep it closed by the adsorption potential. Therefore, a safety element including
sorption material like activated carbon, zeolite or metal organic framework (MOF) is adapted to the
cooling cycle, (shown in Fig. 1). While there is no leakage detected, the sorption element can be
evacuated or stay at ambient pressure flooded/flushed with nitrogen. This starting condition has an
impact of the sorption capacity.
After detecting a leakage, the safety valve opens and the refrigerant can be adsorbed by the safety
element. The safety element can be adapted to each point at the refrigerant cycle respected to the
thermodynamically state of the refrigerant like pressure, aggregation state or temperature, which
has also an impact on the adsorption.
To have an effective and volume optimized safety element it is very important to evaluate the
sorption materials.
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Figure 1: Refrigerant cycle with safety element

2. ADSORPTION
Adsorption is the adhesion of atoms, ions or molecules from a gas or liquid to a surface. The basic
principle is shown in Fig. 2 (D. Bathen 2001). The adsorptive reaches the adsorbent by natural
convection and diffusion or by a forced flow. The adsorption can be divided in chemisorption and
physisorption, in the case of the propane adsorption on activated carbon a physisorption can be
supposed. The quantitative description of the adsorption is based on a relationship between the
loading X and the state variables pressure p and temperature T. This relationship can be described
by several models like Langmuir-, Freundlich-, Toth- or BET-isotherms shown in Fig. 3. The
resulting equations are listed in the Table 1 (W. Kast 1988; J. Toth 1971).

Figure 2: Principe of the sorption process (D. Bathen
2001)

Figure 3: Principle behaviour of the BET-,
Freundlich- and Langmuir-Isotherme
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Table 1. Overview of the sorption parameters

Modell

Equation

Freundlich
isotherm

Langmuir
isotherm

BET
isotherm

Toth
isotherm

Remarks

𝑋 = 𝑘𝑃%/'

Eq. (1)

𝐾𝑝
1 + 𝐾𝑝

Eq. (2)

𝜃=

𝑝

1
(𝑐 − 1) 𝑝
𝑝.
=
+
𝑝
𝑋(1 − 𝑝. ) 𝑋23' 𝑐 𝑋23' 𝑐 𝑝.

Eq. (3)

𝐾5 𝐶7
1 + 𝐾5 𝐶7

Eq. (4)

𝜃=

5 %/5

X = Amount of adsorbate adsorbed
per unit mass of adsorbent
p = Pressure of adsorbate
k, n = Temperature dependent
constants attributed to the capacity
and adsorption
θ = Percentage coverage of the
surface
p = Gas pressure
K = Equilibrium constant for
adsorption
and
desorption
depending on the temperature
X = Amount of adsorbate adsorbed
per unit mass of adsorbent
Xmon = Amount of adsorbate
required to form a monolayer per
unit mass of the adsorbent
C = BET constant
p = Equilibrium pressure of the
adsorbate
ps = Saturation pressure of the
adsorbate
θ = Percentage coverage of the
surface
Kt = Toth model isotherm constant
1/t = Toth model exponent

Freundlich described an isotherm valid for gaseous adsorbate. This isotherm equation is empirical
and nonlinear in pressure. The function is not adequate for very high pressures because in reality
X has an asymptotic maximum as pressure increases without bound (H. Freundlich 1907). As the
temperature increases, the constants k and n change to reflect the empirical observation that the
quantity adsorbed rises more slowly and higher pressures are required to saturate the surface.
(Langmuir 1918) published a new isotherm for gases adsorbed on solids. His isotherms are based
on the following hypothesis - the surface of adsorbent is uniform i.e. all the adsorption sites are
equal, the adsorbed molecules do not interact, all adsorption occurs through same mechanism and
only one adsorbed molecular layer (monolayer) is formed, also shown in (G. Munz 2006).
The concept of BET theory is an extension of Langmuir theory, which is only valid for monolayer
adsorption. However, molecules do form multilayers, which mean that adsorption takes place on
the already adsorbed molecules. (Brunauer, Emmett, Teller 1938) have developed an isotherm
which takes into account the multilayer adsorption. The BET theory has the following hypothesis gas molecules physically adsorbed on a solid in layers infinitely, no interaction among adsorption
layers, Langmuir theory can be applied to each layer.
The Toth isotherm is another isotherm that has three parameters Qt, Kt and 1/t, and useful in
describing heterogeneous adsorption system, which satisfying both low and high-end boundary of
the concentration (J. Toth 1971; Nimibofa Ayawei 2017).
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3. EXPERIMENTS AND CHARACTERIZATION
3.1.

Methods and Parameters for the Characterisation

For the characterization of porous adsorption materials
- the specific surface,
- the sorption capacity,
- the sorption enthalpy,
are of interest. The porosity has an influence on the adsorption isotherms. It represents the ratio
between void volume and total volume of a substance or a mixture of substances. In order to
determine these properties of porous materials, special analytical methods are required.
3.1.1. Bulk density
The bulk density of the sorption material is determinate by measuring the mass of the sorption
materials at an accuracy volume. The bulk density is an indicator to calculate the needed volume
of the safety element according to the refrigerant mass in the cooling cycle.
3.1.2. BET-surface
The BET-surface represents the size of the surfaces, in particular for porous solids. The BETsurface was determinate with gas adsorption from nitrogen using the analyser Quadrasorb
(Quantachrome 2017). This method was developed by (Brunauer, Emmett, Teller 1938).
3.1.3. Sorption capacity
The sorption capacity was measured by Quantachrome V-Star (Quantachrome Instruments 2017).
This analyser is a volumetric sorption system for several components like hydrocarbons or water.
The working conditions are at subatmospehric pressure and different representative temperatures
resulting in the adsorption isotherms.
3.1.4. Sorption enthalpy
The sorption enthalpy describes the thermodynamic interaction between adsorptive and adsorbent
and can be derivate by the adsorption isotherms. Therefore, the adsorption enthalpy can by
determinate with the Van't Hoff'schen (Chemgapedia), shown Eq. (1).
𝑑 𝑙𝑛 𝑝
∆ℎ>?.
=−
Eq. (5)
1
𝑅
𝑑
𝑇
After conversion of Eq. (1) to Eq. (2), the gradient curve correlates directly to the differential
adsorption enthalpy
∆ℎ>?. = −

𝑑 𝑙𝑛 𝑝
1
𝑑
𝑇

∗𝑅

Eq. (6)
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3.2.

Results of the Characterization

The used fluid was propane for the adsorption analyses and nitrogen for the pore analyses. About
40 samples were analysed, which consisted zeolites, MOFs and activated carbon (AC). The forms
are powder, granulate, form bodies and balls with several diameters. The presented results are
focused on activated carbon. This is caused of a preselection by the presented parameters in
section 3.1. The form, bulk density, BET-surface and the max. uptake of propane are shown in the
following table 2.
Table 2. Overview of the sorption parameters

ID

Typ

Supplyer

Form

Bulk density
[g cm-3]

BET-surface
[m² g-1]

Max. Uptake
[mg g-1]

1
2
3
4
5
6
7
8
9
10
11
12
13

AC
AC
AC
AC
AC
AC
AC
AC
AC
AC
AC
AC

Chemviron
Chemviron
Norit
CarboTech
CarboTech
Blücher
Blücher
Chemviron
CarboTech
CarboTech
Norit
Norit
Norit

Granulate
Granulate
Granulate
Granulate
Granulate
mm-ball
mm-ball
Granulate
Granulate
Split
Granulate
Granulate
Granulate

0,50
0,36
0,42
0,33
0,38
0,67
0,51
0,49
0,36
0,40
0,33
0,40
0,38

1045
1209
1161
1414
1288
1159
1549
1078
1350
1491
1729
623
2123

221
197
221
263
229
194
280
164
235
281
242
183
305

AC

The bulk density has a variation from 0,33 g*cm-3 to 0,67 g*cm-3 and the maximum is two times
higher than the minimum. This range belongs to the several forms of the activated carbon, like
diameter of granulate, ranged from 1,5 mm up to 4mm and also to the percentage of ash
depending on the manufacturing process. The same behaviour of the value range shows the
propane uptake from 163,79 mg*m-3 at sample 8 to 305.44 mg*m-3 at sample 13. The uptake was
measured at a propane concentration of 100vol% and system pressure of circa 103 kPa.
Therefore, by derivation of a specific uptake [mg*cm-3] the sample 6 and 7 have the highest value
in the range of 130 mg*cm-3 to 143 mg*cm-3, followed by the sample 13 with a specific uptake of
116 mg*cm-3. The sample 7 will results in the lowest volume of the safety element.
For time saving at sorption material characterisation and identification a correlation between BETsurface and the uptake was done. The interpolation of the measured propane uptake and the
comparison between predicted and measured uptake are presented in the following Figs. 4 and 5.

Figure 4: uptake over BET-surface with the
corresponding correlation (R²=68)

Figure 5: Comparisson of the predictaed and
the measured uptake
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On the left side, the Fig. 5 shows the propane uptake over the BET-surface and the corresponding
correlation. By increasing the BET-surface an increasing of the propane uptake can be observed
with a mean standard derivation of less than <15%. On the ride side, the ratio between calculated
and measured uptake is presented. The figure shows a good correlation at an uptake from (220235) mg*cm-3. Over the whole range the standard derivation is less than ±20% expect on
measured uptake at 164mg*cm-3. Therefore, the correlation can be used for a preselection for
sorption activated carbon material with a standard derivation about 12%. But a detailed analysis is
recommended for BET-surfaces higher than 1400.
The adsorption process of propane at activated carbon is an exothermal reaction and the resulting
heat increases the surface temperature of the sorption material. By increasing the surface
temperature, the capacity will be decrease and the sorption kinetics will be reduced. The sorption
enthalpies of the samples were measured by 100vol% of propane at atmospheric pressure, shown
in the following Fig. 6. The measured sorption capacity depending on the temperature (283K and
308K) and the correlation of Toth are shown in Fig. 7.

Figure 6: Sorption enthalpy of the samples

Figure 7: Sorption isotherm calculated via the
model
of
Toth
and
the
corresponding
measurements

For the samples 1, 6 and 9 no results are available. The sample 11 shows the lowest adsorption
enthalpy by a value of 1,3 kJ*kg-1 and the sample 8 shows the highest value of 2.0 kJ*kg-1.
Therefore, at the same process condition, like housing of the sorption material or the flow regime,
the surface temperature of sample 11 will heat up more than the other samples. This temperature
increase will reduce the propane uptake, shown in Fig. 7. The propane uptake decrease by
increasing the pressure and the increase in temperature from 283 K to 308 K results in an uptake
reduced by from 50% to 17%. Therefore, it is important to control the heat flux to optimise the
sorption kinetics, the sorption uptake and also to get a handle volume of the safety element.
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4. PROOF OF CONCEPT, SAFETY ELEMENT ADAPTED ON A HEAT PUMP
The safety element was adapted to the heat pump like shown in Fig. 1, with a pipe connection to
the liquid line. The heat pump has an electric consumption from 3.6 kW, a heat capacity at the
condenser of 12 kW and a refrigerant mass of 1,2kg of propane. The tested activated carbon has a
BET-surface 1100 m², a bulk density of 0.5 g*cm-3, particle size between 3-5 mm and was made of
coal. By supposing a final pressure of 1kPa in the heat pump piping an uptake of 133 mg*g-1 is
predicted and the resulting volume is 29 L. This assumption is an absolute unfavourable scenario by resulting pressure of 100kPa in the piping to get a pressure equilibrium of the inside of the
piping at atmosphere, the safety element volume will be 10 L.
For the experiment an amount of activated carbon of 12 kg was used. Temperature sensors and
pressure sensors were adapted in the safety element, shown in Fig. 8. Also the weight of the
safety element was measured.

Figure 8: Temperature and pressure sensors in the safety element sorption

4.1.

Experimental Procedure

The experimental procedure is described in the following steps:
1. Weighted amount of the activated carbon put into the safety element.
2. The safety element was evacuated again as it was necessary to reach a pressure below
atmospheric pressure for the experiment.
3. Heat pump was turned on. The values for sub-cooler and super heater were set to 10 K
and 5 K. The pump was kept on running until it attained the steady state condition.
4. Once the heat pump achieved the set values, it was turned off and at the same time safety
valve was opened.
5. Propane flows into the safety element abruptly because of the adsorption potential.
6. After pressure and temperature stabilized the safety valve was shut off.
7. The vessel was detached from the system and weighed. The difference in weight between
the adsorbed and loaded adsorbent can be used to calculate the uptake.
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4.2.

Results of the Proof of Concept – Safety Element

The following Figs. 9, 10 and 11 present the temperature behavior in the safety element during
adsorption. The temperatures are divided in three sections - top layer, middle layer and bottom
layer.

Figure 9: Temperature profile of
the top layer in the safety
element (L=left, M=middle, R=
right)

Figure 10: Temperature profile
of the middle layer in the safety
element (L=left, M=middle, R=
right)

Figure 11: Temperature profile
of the bottom layer in the safety
element (L=left, M=middle, R=
right)

After the inlet of the safety element, the propane pressure decreased rapidly from steady state
condition pheat pump = 800 kPa to psafety element =<120 kPa, shown in Fig. 13. Caused by the liquid state
of the propane a fast expansion occurred and the temperature reached -70°C in peak. Also the
temperature sensors on the ride and left side of the safety element in the top layer showed a
decrease to 10°C and -40°C. This effect is shown in figure 9 represented the top layer of the safety
element and is an indicator for a failure in the flow distribution on the right side. Figs. 10 and 11
show the typical increase of temperature while adsorption in the middle and the bottom layer.
On each layer (middle and bottom) the highest temperature can be observed in the middle of the
safety element and the temperature sensors of the right and the left side is decreased after circa
2.5 minutes. This effect is caused by the flow regime of the propane and the heat transfer to the
wall. The main flow is in the middle of the safety element and therefore, the adsorption will be
placed there. Additionally the heat transfer from inside the vessel to the wall is slower than for the
left and the right side caused by the distance and the resulting heat resistant.

Figure 12: Weight profile of the top layer in the
safety element (L=left, M=middle, R= right)

Figure 13: Pressure profile of the top layer in the
safety element (L=left, M=middle, R= right)

Fig. 12 shows the weight increase of the propane entering the safety element. After the safety
valve opened, the mass increased rapidly up to circa 1100 g. More than 90% of the propane mass
in the heat pump was adsorbed in less than 2 min. The rest of the propane mass (<10% or <150 g)
remains in the heat pump.
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5. CONCLUSIONS
The paper presents the characterisation of 13 sorption materials by geometrical analysis and
propane uptake. A correlation of BET-surface with the propane uptake shows a first indicator for
the sorption material selection by an average variance of <15%. Furthermore, the model of Toth
was adapted to the results of the propane uptake measurements with error amount of < 3 mg*g-1 in
the temperature range of -5°C to 35°C.
The experimental proof of concept shows the adsorption of 1,2 kg propane from the heat pump in
less than 2min.
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NOMENCLATURE
p
T
X
Θ

pressure (kPa)
temperature (K)
-1
absolut sorption capacity (mg*g )
percentage sorption capacity (%-weight)

R
V
C,K,n

ps

–1

–1

molar gas constant (8.314472 J×mol ×K )
3
-1
molar volume (m *mol )
Sorption model parameter (-)

Saturation pressure of the adsorbate (kPa)
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ABSTRACT
A simple lumped capacitance based computing model was developed and here presented. The
code permits the thermal and energetic analysis of concrete thermal energy storages (TESs)
during time. The simulated system consists of a parallelepiped concrete module that can be heated
(charging phase) and cooled (discharging phase) by a single-phase working fluid flowing in a tube
embedded in the concrete. The new simulation code was validated against the experimental data
carried out by ENEA with two different concrete mixtures, during both the heating and cooling
processes using mineral oil as working fluid. This simple and easy-to-use model allows for a
drastic reduction of the computational time needed to simulate the TES and it can be easily
integrated, in various arrangements, to any concentrated solar power plant (CSP) and associated
energy conversion plant simulation models to have a quick evaluation of the system performance.
Keywords: Heat Storage; Sensible heat; Concrete Module; CSP Plant; Model.

1. INTRODUCTION
Electrical power generation by using concentrated solar thermal energy is one of the most
promising renewable energy technologies. It is widely accepted that a great improvement in CSP
plants can be accomplished by adding a thermal storage system (TES). It would permit to meet the
peak demand through a rational optimization of the energy production by the CSP plant, especially
during night time or cloudy weather. During energy storage process, commonly called charging or
heating stage, the heat transfer fluid (HTF), heated by the solar field, warms up the TES, flowing
through the modules and stores a certain amount of energy by increasing the TES temperature.
Conversely, during the energy discharge process, commonly called discharging or cooling stage,
the cold fluid is pumped through the TES to extract heat to be released to the power plant. The
HTF flows in pipes that are commonly embedded in the thermal storage materials, which can be
molten salts, concrete, soil, sand, or rocks, etc.
The technology for sensible thermal energy storage (STES) for CSP plants is well known and it
has been widely investigated; in the last decades, various solar plants with different fluids and
storage systems, have been built in USA, Spain, Germany, and Italy, as reported in Gil et al.
(2010) and Medrano et al. (2010). Concrete is widely used for the construction of TES because it
offers low cost, good, and stable thermal properties, appropriate structural conditions, long
durability, and simple industrial production, as clearly reported in Salomoni et al. (2014) and Laing
et al. (2006). Besides, the HTF is basically an energy-carrying medium, so the heat transfer
process between TES material and the HTF is of crucial importance in order to properly study the
charge and discharge processes. In the open literature, many different models to simulate various
types of TES systems have been proposed and published. The models are generally subdivided
into three main categories: analytical, finite element method (FEM), and simplified models. This
classification could be debatable because various analytical models due to their assumptions could
also be considered simplified models. Even if the concrete TES systems have already been
studied, their application is still a matter of research; in particular, there is a strong need of practical
prediction tools to enable simple and fast simulations of TES embedded in power plants.
From this standpoint, this work aimed at developing a new computational tool able to predict the
behavior of the concrete storage modules. In particular, the attention was focused on a modular
and flexible tool that, under the necessary assumptions, allows for the real-time simulation of the
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general TES module's parameters during the operation of the entire system. The model was
implemented in Fortran 90. As it clearly appears from this brief overview, the models reviewed
have many limitations, which can be summarized as:
• high computational efforts and low flexibility (CFD/FEM models)
• high complexity (analytical models)
• adiabatic external boundary conditions (CFD/FEM and analytical models)
• no models consider the presence of insulating layers
• necessity of semi-empirical constants or parameters derived from FEM simulations.
Hence, those models are not suitable for on-field analysis, because in that situation it is essential
to know the results in real time. The present code allows for basically instantaneous calculations, in
fact, it is an executable tool which gets the results within a few seconds for 4-6 hours process. The
main parameter describing the TES is the ability of each element (or module) to store (during
heating stage) or to release (during cooling stage) the thermal energy from or to the HTF; in the
case of concrete TESs and in general for STESs, this parameter is the mean temperature of the
concrete TES. The developed model was meant to compute the stored or the transferable energy
over time, and the related HTF temperature at the outlet of the module.

2. EXPERIMENTAL SETUP
In order to validate the developed model, a suitable set of experimental tests was selected. The
experimental campaign investigated the effects of the concrete composition by testing two different
mixtures during both heating and cooling phases. For the sake of clarity, in what follows, a brief
description of the concrete prototypes and of the experimental procedure is given; more details can
be found in Giannuzzi et al. (2014).
Two concrete modules were built, using
Table 1. TES properties.
two different concrete mixtures: Cestaro
TES length, LTES (m)
3
srl (called type A) and Italcementi Spa
TES side length, Lside,TES (m)
0.2
(called type B). The thermal-mechanics
TES equivalent diameter, D eq,TES (m)
0.226
characteristics of the two concrete
Basic element side length, Lside,el (m)
0.1
mixtures are described in Girardi et al.
Basic element equiv. diameter, Deq,el (m)
0.113
(2014) and Mazzucco et al. (2014); the
Total tube length, Lt (m)
12
Biot number is equal to 123 and 152 for
Tube inner diameter, Dt,int (m)
0.014
the two concrete mixtures. The two
Tube external diameter, Dt,ext (m)
0.016
modules presented the same sizes and
Tube thermal conductivity, t (W m -1 K-1)
16
piping layout; the SS tube was
Insulating layer 1 thickness, sins1 (m)
0.05
embedded into the concrete matrix in a
Insulating layer 2 thickness, sins2 (m)
0.1
4-passages configuration. The concrete
-1 -1
Ins. layer 1 therm. cond., ins1 (W m K )
0.06
TES modules were tested in a
-1 -1
Ins.
layer
2
therm.
cond.,

0.035
ins2 (W m K )
dedicated experimental setup, built by
Insulating material density, ins (kg m -3)
80
ENEA. Paratherm TM NF mineral oil was
-1 -1
Ins.
material
specific
heat,
c
(J
kg
K
)
1030
ins
chosen as HTF. Each concrete module
Environment coefficient, henv (W m -2 K-1)
15
was
a
square
cross-section
-1 -1
Concrete
specific
heat
capacity
(J
kg
K
)
820-930
parallelepiped, with a total weight of
Concrete density (kg m -3)
2483-1837
around 290 kg. The concrete module
-1 -1
Concrete
thermal
conductivity
(W
m
K
)
2.21-1.80
was
instrumented
with
many
thermocouples which were installed during the manufacturing. The oil temperatures at the inlet and
outlet of the module, the oil mass flow rate, and the room temperature were also measured and
recorded. The main system properties and geometric parameters are reported in Table 1.
Numerical simulation of the concrete TES allowed for the estimation of the volume weighted
temperature over time on the entire TES where the experimental temperature was recorded. These
results were then compared against the average value calculated from the temperature readings
collected by the thermocouples: the deviation was always less than 3 °C. For these reasons, the
mean concrete module temperature can be assumed as the main parameter which describes the
entire module thermal behavior.

3. MODEL DESCRIPTION
The first problem to face up was to reduce the complexity of the geometry of the TES module, in
which cylindrical tubes were embedded in a concrete parallelepiped, which then was covered by
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multiple insulating layers. The entire concrete module was schematized to be a cylinder with an
equivalent diameter based on volume defined as:
2

4Lside,TES
Eq. (1)
Deq,TES =√
π
Similarly, the two external insulating layers were approximated with two equivalent annular
volumes with diameters calculated keeping constant their actual heat transfer areas, as:
Deq,ins1 =

Ains1,ext
πLTES

Deq,ins2 =

Ains2,ext
πLTES

Eqs. (2,3)

The embedded steel tube presented a 4-passage configuration; thus, by neglecting the three
curves that have no effect on the global system performance, the storage module can be
considered of being constituted by 4 sub-units, called basic elements, arranged in series. A similar
schematization was also used by different authors such as Sragovich (1989), and Salomoni et al.
(2014). In this way, the basic element assumes the well-known geometry, often described as
"washer", in which the tube is placed in the cylinder center; in the specific case, each of 4 elements
has 2 adiabatic sides (towards the adjacent elements), and 2 diabatic sides (towards the external
insulating layers). Also, in the case of the concrete sub-system, an equivalent diameter based on
volume (to keep constant the mass) can be defined as:
Deq,cnc =√

4L2side,el
π

Eq. (4)

All the simplified simulation models are based on the well-known lumped capacitance method, a
good review of this method can be found in Xu et al. (2012), in which the former analysis of
Schumann (1929) is reported and commented. In the lumped capacitance method, which cannot
be applied for high values of Biot numbers, the basic assumption is that the concrete temperature
must be constant along the cylinder radius. The model here proposed assumes the fundamental
lumped capacitance hypotheses, but it also introduces a set of new assumptions.
• The heat exchange processes are described by means of suitable thermal resistances.
• The entire module is assumed to be characterized by the mean concrete temperature, being
constant on both radial and axial directions; this temperature is assumed to be the temperature
of the two symmetry planes which divide the entire module into 4 sub-units.
• The energy dissipation of the TES module towards the surroundings is estimated.
• The time-dependent mean temperature of each insulating layer is estimated and the internal
energy variation is obtained at each time step.
• The temperatures of concrete, oil, and insulating layers are estimated by two energy balance
equations (for charging and discharging phase), by discretizing the time variable in time steps
(). The balance equations of the heat fluxes and the consequent temperatures are solved
with a simple numerical iterative procedure.

Figure 1: Geometry and heat fluxes schemes for heating (left) and cooling (right) test.

Governing equations
When combining the internal (A) and external (B) section calculations (Figure 1), and taking into
account the 4 basic elements arranged in series that constitute the entire TES system, the heat
flux balance for the entire TES element for the heating and cooling phase can be written.
Heating/charging phase energy balance (Fig. 1, left-hand side schematic):
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qcnc,A =q

qcnc,B =q

oil,A

oil,B

qcnc =qcnc,A +qcnc,B =q

oil,A

-qins -qloss

Eqs. (5,6)

+qoil,B -qins -qloss

Eq. (7)

Cooling/discharging phase energy balance (Fig. 1, right-hand side schematic):
qcnc,A =q

oil,A

qcnc,B =q

oil,B

qcnc =qcnc,A +qcnc,B =q

oil,A

-qins +qloss

Eqs. (8,9)

+qoil,B -qins+qloss

Eq. (10)

In this way, after an iterative procedure on heat fluxes and temperatures, the internal energy
variation of concrete TES and, consequently, the new value of TES element temperature can be
obtained at each time-step:
qcnc
∆tcnc =
∙∆τ=|tcnc,τ+∆τ -tcnc,τ |
Eqs. (11,12)
mcnc ccnc
tcnc,τ+∆τ =tcnc,τ ±∆tcnc

Eq. (13)

with the sign (+) for heating (the concrete temperature is increasing) and sign (-) for cooling (the
concrete temperature is decreasing). After the concrete and oil heat fluxes calculation, the outlet oil
temperature can be estimated and compared against the experimental results. The calculation of
the heat fluxes in the governing equations is fully described in the following paragraphs (equations
from 14 to 41). The detailed model description can be started from the definition of the thermal
conductive resistances of the system and, in particular, from the insulating layer.
The total insulating cover area can be divided into the side surface of the equivalent hollow cylinder
(Eqs. (2) and (3)) and the plane one of the two cylinder bases (the "heads" of the module) of the
equivalent cylinder. The thermal resistances of side surfaces for each insulating layer can be
evaluated as:
D

1

Rins1,c = 2πλ

ln (Deq,ins1 )

ins1 LTES

eq,TES

1

Rins2,c = 2πλ

ins2 LTES

D

ln (Deq,ins2 )
eq,ins1

Eqs. (14,15)

Being in series, the total thermal resistance for the side surface can be calculated as:
Rins,c =Rins1,c+Rins2,c

Eq. (16)

The thermal conductive resistances for each insulating layer, computing the "heads" surface as a
plane wall, can be calculated as:
sins1

Rins1,h = λ

ins1 2Ains1,h,m

sins2

Rins2,h = λ

ins2 2Ains2,h,m

Eqs. (17,18)

Again, being in series, the total thermal resistance for the "heads" surface can be calculated as:
Rins,h =Rins1,h +Rins2,h

Eq. (19)

The overall thermal resistance of the insulating layers which cover the TES can be calculated
considering that the thermal resistance of the side cylinder and the heads are arranged in parallel
and subjected to the same temperature difference:
-1

1
1
Rins = (
+
)
Rins,c Rins,h

Eq. (20)

The ambient thermal resistance, which combines convective and radiation effects, can be
calculated as:
Ramb =

1
hamb Ains2,ext

Eq. (21)

Thus, the overall thermal resistance between concrete and environment is given by:
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Rext =Rins +Ramb

Eq. (22)

The forced convective heat transfer coefficient hoil is estimated by means of the well-known DittusBoelter semi-empirical correlation, thus the associated oil convective thermal resistance can be
computed (every iteration cycle) as:
Roil =

1
1
=
hoil At,int hoil πDt,int Lt

Eq. (23)

The steel tube conductive thermal resistance is given by:
Rt =

Dt,ext
1
ln (
)
2πλt Lt
Dt,int

Eq. (24)

The concrete elementary system conductive thermal resistance, between external tube surface
and elementary sub-system external boundary, can be calculated as:
Rcnc =

Deq,cnc
1
ln (
)
2πλcnc (4Lel )
Dt,ext

Eq. (25)

Finally, the overall thermal resistance between oil and concrete is given by:
Rint =Roil +Rt +Rcnc

Eq. (26)

It has to be pointed out that the heat flux equations (with the exception of loss heat flux) are here
reported for the two different processes: thus, referring to heating/charging process in which the oil
heats the concrete TES (Fig. 1, left-hand side), and in the case of cooling/discharging (in which the
concrete heats the oil mass flux) in which the absolute value has to be used (Figure 1, right-hand
side).
As described in Figure 1, once the thermal resistances are defined, it is possible to present the
heat flux between oil and concrete for the internal section (called "A", from the oil to the TES core),
considering the complete TES system (the sum of the 4 sub-units), as:
toil,m -tcnc
qoil,A = |
|
2Rint

Eq. (27)

section A is geometrically equal to the B one, each section has half of the entire area, so the
overall thermal resistance is multiplied by a factor 2.
The heat flux between oil and concrete for the external section (called "B", from the oil to the TES
boundaries), considering the complete TES system (the sum of the 4 sub-units), is given by:
qoil,B = |

toil,m -tcnc,ext
|
2Rint

Eq. (28)

While the heat flux between concrete and environment is:
qloss =

tcnc,ext -tenv
Rext

Eq. (29)

The concrete external temperature can be estimated as:
qoil,A +qoil,B
q
tcnc,ext =toil,m ± oil =toil,m ±
Rint
Rint

Eq. (30)

with the sign (-) for heating, and sign (+) for cooling processes. Thus:
q

tins1,int =tcnc,ext

tins1,ext =tins1,int - Rloss

tins2,int =tins1,ext

tins2,ext =tins1,int - Rloss

ins1

q

ins

Eqs. (31,32)
Eqs. (33,34)

The temperature along the radius in the insulating layer is supposed to follow a logarithmic profile,
and a mean temperature by volume for each insulating layer can be calculated as:
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tins,m =

ext

∫int t(r)2πrdr

t(r)=tins,int +

π(r2ext -r2int)

tins,ext -tins,int
r
ln( rext )
int

r

∙ln (r )

Eq. (35)

int

1 2
1
2
tins,ext -tins,int
tins,ext -tins,int rext (ln(rext )- 2) -rint (ln(rint )- 2)
tins,m =tins,int ∙ln(rint )+
∙
r
r
(r2ext -r2int )
ln ( rext )
ln ( rext )
int
int

Eq. (36)

Finally, the temperatures variations of insulating layers to take into account the internal energ y
variation can be calculated as:
∆tins1 =|tiso1,m,τ+∆τ -tiso1,m,τ |

∆tins2 =|tiso2,m,τ+∆τ -tiso2,m,τ |

Eqs. (37,38)

where  is the defined time step.
The internal energy stored in insulating layers due to their mean temperature variations is given by:
qins1 =

mins1 cins1 Δtins1
Δτ

qins =qins1 +qins2

qins2 =

mins2 cins2 Δtins2
Δτ

toil,out =toil,in ± ṁ

Eqs. (39,40)

qoil

Eqs. (41,42)

oil ∙coil

with (-) for charging (outlet oil temperature is lower than the inlet one) and (+) for discharging
phase (outlet oil temperature is higher than the inlet one).

4. COMPARISON WITH EXPERIMENTAL DATA
The comparisons between experimental and model-calculated oil and concrete temperature
profiles of the two concrete mixtures are reported in Figs. from 2 to 4, during both the charging and
discharging processes.
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Oil in/out temperature

T oil out exp
270

T oil out calc
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T cnc calc

Temperature [°C]

Temperature [°C]
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T oil in exp
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230

T oil out calc
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3600

Type B concrete
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Type A concrete
7200
Time [s]

10800

14400

210

0

3600

7200
Time [s]

10800

14400

Figure 2. Experimental vs. calculated temperatures for the heating test (DEV=+4.08 and -2.49%).

In general, a good agreement between the calculated and the experimental results is found.
However, the two concrete mixtures presented different behaviors. In the case of type A concrete,
the numerical model slightly overestimates the heating profile while the final concrete temperature
is correctly estimated (Fig. 2). Similarly, during the cooling phases (Fig. 3), the model slightly
overestimates; the heat released by the concrete and the calculated final concrete temperature are
lower than that measured values.
Differently, in the case of type B mixture, the code slightly underestimates the concrete's
temperature compared to the experimental one, both during heating (Fig. 2) and cooling stages
(Fig. 3). In fact, the calculated concrete temperature is lower than the real one during heating, but it
is higher than the experimental one during cooling. Hence, with type B, the model slightly
underestimates the stored or released thermal energy, again within the experimental uncertainty. It
is also worth to underline that the calculated outlet oil temperature follows faithfully the
experimental one, also when the inlet oil temperature shows contrary peaks compared to the
general increasing or reducing trend. However, the first aim of the model was to predict the
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concrete temperature during the two stages. The charts show that the calculated temperature is in
fine agreement with the experimental one, both as instant values and global trend.
The model also allows for the calculation of the heat fluxes exchanged during the simulated
process. Two examples are reported in Fig. 4. The two main heat fluxes are those related to oil
and concrete, which are higher at the beginning of the test and then progressively decrease with
time because the temperature difference between oil and concrete becomes accordingly lower. In
Fig. 4 (right), which shows a cooling stage, the oil heat flux becomes even negative near to the end
of the test, it means that the experiment has lasted enough time to allow the concrete to achieve a
temperature lower than the oil one, so the oil heat flux becomes negative due to that temperature
crossing. The insulating layer and loss heat fluxes are also plotted.
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Figure 3. Experimental vs. calculated temperatures for cooling test (DEV=+4.15 and -3.07%).
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Figure 4. Calculated heat fluxes for heating and cooling.

5. CONCLUSIONS
A simplified lumped capacitance model, useful to predict the behavior of a concrete thermal
storage module, was developed, validated, and proposed. These characteristics make this model
suitable for the implementation in more complex solar thermal simulation tools and software,
allowing for a fair estimation of the energy storable in concrete TES as well as its transient
behavior during charging and discharging processes as a function of the main operating
conditions. In fact, the model permits the thermal and energetic analyses of the concrete storage
module during the time, both for charging and discharging phases. The developed calculation
procedure can be considered a modular, flexible and quick tool that allows the computation of the
module's parameters almost immediately. A unique reference concrete temperature was
considered to describe the whole system; obviously, it involves a few simplifying assumptions, but
the model computed accurate values with a computational effort drastically less than that of a
CFD/FEM model. The model was compared against the data of experimental campaign on two
concrete mixtures, during heating and cooling stages. The exchanged concrete energy deviation is
very low for each test and always less than the experimental uncertainty. The experimental and
calculated results achieve a very fine agreement, both as actual values and global trend.
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NOMENCLATURE
Parameter
A
area
c
specific heat capacity
D
diameter
Dev deviation
h
convective HTC
L
length
lv
specific latent heat
ṁ
mass flow rate
m
mass
q
heat flow rate
Q
heat, energy
r
radius
R
thermal resistance
s
thickness
t
temperature
Greek symbols
difference

thermal conductivity

density

time


Subscript
amb
c
calc
cnc
e
el
eq
ext
h
in
ins
int
lat
loss
m
oil
out
(-)
s
-1 -1
(W m K ) side
(kg m -3)
t
(s)
w
(m 2)
(J kg-1 K-1)
(m)
(-)
(W m -2 K-1)
(m)
(J kg-1)
(kg s-1)
(kg)
(W)
(J)
(m)
(K W -1)
(m)
(°C)

ambient
cylinder
calculated
concrete
end
element
equivalent
external
head
inlet
insulat. layer
internal
latent
dissipated
mean value
oil
outlet
start
side
tube
water
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ABSTRACT  
The  use  of  a  Latent  Thermal  Energy  Storage  (LTES)  system  using  suitable  Phase  Change  Materials  
(PCMs)   is   an   effective   way   of   storing   energy   because   of   its   high-energy   storage   density   and  
isothermal   nature   of   the   storage   processes.   Unfortunately,   PCMs   present   a   few   unfavorable  
thermophysical   properties,   among   those   the   low   thermal   conductivity,   which   are   limiting   the  
development   of   efficient,   reliable   and   convenient   LTESs.   However,   LTES   represents   a   promising  
technology,  which  can  unlock  unprecedented  opportunities  for  multiple-sources  energy  integration,  
waste  heat  recovery,  and  efficient  energy  management.  This  paper  aims  at  investigating  new  3D  
periodic   structures   obtained   via   metallic   additive   manufacturing   developed   to   enhance   the   phase  
change  process  during  both  loading  and  unloading  processes  of  different  paraffin  waxes  and  sugar  
alcohols.  The  tests  were  run  by  imposing  20  W  during  the  loading  process  and  the  monitoring  the  
temperature  distribution  within  the  PCM.  
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1.  

INTRODUCTION  

As  described  in  several  comprehensive  papers  (Kalapala  and  Devanuri  2018;;  Lin  et  al.  2018),  phase  
change  materials  (PCMs)  have  been  widely  proposed  for  thermal  energy  storage  applications  due  
to   their   capability   of   storing   and   releasing   large   amounts   of   energy   with   a   small   volume   and   a  
relatively  low  temperature  variation.  Amongst  the  available  kinds  of  PCMs,  paraffin  waxes  have  been  
found  to  exhibit  many  desirable  characteristics,  such  as  high  latent  heat,  low  vapor  pressure  in  the  
melt,   chemical   inertia   and   stability,   and   non-toxicity.   However,   they   also   have   a   very   low   thermal  
conductivity  and  a  high  volume  change  during  the  melting  process.  Thus,  one  great  interest  of  the  
scientific  community  is  finding  out  efficient  and  cost  effective  heat  transfer  intensification  techniques  
for  the  future  implementation  of  PCMs  inside  LTES  systems  (Al-Maghalseh  and  Mahkamov  2018;;  
Qureshi  et  al.  2018).  
Among  all  these  methods  analyzed  in  the  open  literature,  this  paper  wants  to  focus  on  the  use  of  
high   thermal   conductivity   inserts   to   increase   the   available   heat   transfer   surface.   Mahmoud   et   al.  
(2013)  tested  six  different  heat  sink  designs  one  with  single  cavity,  two  with  parallel  fin  arrangement,  
two   with   cross   fin   arrangement,   and   one   with   honeycomb   insert   inside   the   single   cavity.   They  
concluded   that   increasing   the   number   of   fins   can   enhance   heat   transfer   and   that   the   use   of  
honeycomb  insert  to  replace  machined  fin  structures  leads  to  comparable  thermal  performance  with  
the  advantage  of  light  weight  and  reduced  costs.  Hosseinizadeh  at  al.  (2015)  investigated  the  effects  
of  various  parameters  such  as  power  levels,  number  of  fins,  fin  height  and  fin  thickness.  The  results  
showed  that  the  increasing  of  fin  number  and  fin  height  resulted  in  an  appreciable  overall  thermal  
performance   enhancement,   whereas   the   increasing   of   the   fin   thickness   only   gave   a   slight  
improvement.  The  authors  found  an  optimum  fin  thickness,  above  which  the  heat  sink  performance  
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showed  no  further  improvement.  Accordingly,  also  Kalbasi  et  al.  (2019)  after  running  some  numerical  
optimization  of  a  PCM-based  heat  sink  for  electronic  cooling  concluded  that  the  horizontal  spacing  
between  vertical  fins  affects  the  melted  PCM  convection  and  heat  distribution  inside  the  heat  sink.  
In   case   of   small   fin   spacing,   the   viscous   forces   dominate   the   buoyancy   forces   limiting   the   liquid  
natural   convection.   Differently,   in   case   of   large   fin   spacing,   the   regions   far   from   the   fins   do   not  
properly  contribute  to  the  heat  storage  process.  Hence,  an  optimal  spacing  can  be  considered  for  
each  heat  sink,  to  optimize  the  heat  transfer.  
This  paper  aims  at  investigating  new  cellular  structure  materials  with  open  3D  periodic  cells  based  
on  a  pyramidal  shape  obtained  via  metallic  additive  manufacturing  developed  to  enhance  the  phase  
change  process  during  both  loading  and  unloading  processes  of  PCMs.  Three  3D  structures  having  
the  same  porosity  equal  to  95%  but  different  base  size  of  the  pores  are  studied  and  their  heat  transfer  
behavior  are  compared  by  monitoring  the  temperature  distribution  within  the  PCM.  Tests  are  run  by  
imposing  a  constant  electrical  heat  flow  rate  of  20  W  during  the  loading  process,  while  the  unloading  
one  is  run  into  ambient  air  to  reproduce  the  cooling  characteristics  of  electronic  devices.  
  

2.  

TEST  SAMPLES  AND  EXPERIMENTAL  SET  UP  

In  this  study,  four  different  test  modules,  represented  in  Fig.  1a,  are  investigated.  They  are  42x42x60  
mm   boxes   obtained   via   metallic   additive   manufacturing   from   AlSi10Mg-0403   powder.   AlSi10Mg-
0403  alloy  comprises  aluminum  alloyed  with  silicon  of  mass  fraction  up  to  10%,  small  quantities  of  
magnesium  and  iron,  along  with  other  minor  elements.  The  presence  of  silicon  makes  the  alloy  both  
harder  and  stronger  than  pure  aluminum  due  to  the  formation  of  Mg2Si  precipitate  but  it  also  limited  
its  thermal  properties.  The  thermal  conductivity  λ  was  calculated  from  the  experimental  value  of  the  
thermal  diffusivity  measured  by  means  of  a  Hot  Disk  apparatus.  The  thermal  diffusivity  was  equal  to  
41.57  mm2  s-1,  so  that  the  thermal  conductivity  is  96  W  m-1  K-1.  
One  module  is  an  empty  box  and  works  as  reference  sample,  while  the  other  three  are  filled  with  
three  different  cellular  structure  materials.  These  structures,  visible  in  Fig.  1a,  are  open  3D  periodic  
cells  based  on  a  pyramidal  shape  with  different  base  size  of  the  pores,  equal  to  10,  20,  and  40  mm,  
respectively.   They   all   have   the   same   porosity,   equal   to   95%,   that   means   that   the   fiber   thickness  
increases  when  increasing  the  pore  size.  
  

(a)  
  

  

  
  

Figure  1:  Four  test  modules  
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Figure  2:  Schematic  of  the  3D  aluminum  structures  with  the  main  dimensions  

  

  
They  have  been  designed  and  realized  in  order  to  investigate  the  influence  of  the  metallic  cellular  
structure   on   the   heat   transfer   performance   of   the   PCM   based   system.   Furthermore,   since   all   the  
structures  have  the  same  porosity,  it  is  possible  to  investigate  the  cell  size  effects  on  the  two-phase  
heat  transfer.  Fig.  2  reports  the  main  geometrical  characteristics  of  the  tested  samples.    
The  experimental  setup  depicted  in  Fig.  3  consists  of  three  main  components:  the  test  module  on  
the  top,  the  heater  connected  to  the  test  module,  and  the  data  acquisition  system.  Furthermore,  as  
can   be   seen   in   Fig.   3,   five   T-type   thermocouples,   named   from   P1   to   P5,   are   located   inside   each  
sample   to   monitor   the   PCM   temperatures   in   as   many   different   locations.   Another   T-type  
thermocouple  (named  A1)  is  placed  on  the  external  wall  and  properly  insulated  to  measure  the  wall  
temperature.  Another  T-type  thermocouple  (named  A2)  is  glued  on  the  central  top  aluminum  fiber  
and  insulated  to  evaluate  the  effectiveness  of  the  aluminum  3D  structure.  Finally,  J1  measures  the  
junction  temperature,  which  is  very  relevant  in  case  of  electronic  cooling.  

  

  

Figure  3:  Schematic  of  the  test  rig  and  thermocouples’  position  
®

Table  1. RUBITHERM   RT55  declared  thermo-physical  properties  

Melting  area  
51-57  
Congealing  area  
56-57  
Heat  storage  capacity  ±7.5%  (temp.  range:  48  -  63  °C)   170  
Specific  heat  capacity  
2  
Solid  density  
880  
Liquid  density  
770  
Heat  conductivity  (both  phases)  
0.2  
Volume  expansion  
14  
Flash  point  (PCM)  
>200  
Max.  operation  temperature  
90  

°C  
°C  
kJ  kg-1  
kJ  kg-1  K-1  
kg  m-3  
kg  m-3  
W  m-1  K-1  
%  
°C  
°C  
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The  heater  is  a  42x42x20  mm  aluminum  block  containing  an  electric  cartridge  heater  (200  W/240  V)  
controlled  by  a  Variac.  This  block  is  located  under  the  test  module  and  connected  to  it  by  means  of  
heat  conducting  paste.  
The   selected   PCM   is   a   RUBITHERM®   RT55   paraffin.   Table   1   lists   the   main   thermo-physical  
properties  of  this  paraffin  wax  which  is  not  toxic  nor  flammable.  Each  module  is  filled  with  51±0.1  g  
of  RUBITHERM®  RT55,  as  shown  in  Fig.  2b.

3.  

EXPERIMENTAL  RESULTS  

The  tests  involve  both  the  melting  and  solidification  processes.  The  melting  process  test  procedure  
was   run   keeping   constant   the   heat   flow   rate   (20   W)   supplied   by   the   electric   cartridge,   while   the  
solidification  process  by  monitoring  the  temperature  distribution  within  the  PCM  when  the  electric  
heater  was  switched  off  and  the  heat  transfer  occurred  only  with  the  ambient  air.  The  loading  (i.e.  
melting)  process  is  considered  completed  once  all  the  thermocouples  located  inside  the  PCM  reach  
values  higher  than  65  °C  (i.e.  10  °C  more  than  the  declared  melting  temperature);;  consequently,  the  
unloading  (i.e.  solidification)  process  is  considered  concluded  when  all  those  temperature  readings  
become  close  to  that  of  the  ambient  air  (i.e.  25  °C).  In  order  to  compare  the  unloading  process,  a  
normalized   temperature   can   be   defined   as   the   ratio   between   the   actual   temperature   difference  
between   the   paraffin   and   the   ambient   temperature   and   the   maximum   temperature   difference  
between   the   load   (i.e.   65°C)   and   unload   conditions   (i.e.   25°C).   This   value   can   vary   from   1   (fully  
loaded)  to  0  (fully  unloaded).  
The  selected  heat  load  of  20  W  refers  for  example  to  those  encountered  in  the  lighting  industry  in  
particular  light-emitting  diodes  (LEDs);;  see  for  instance  (www.cree.com).  In  this  work,  the  effects  of  
the  cell  dimension  of  the  3D  cellular  structure  materials  is  investigated.  
Table   2   lists   the   loading   and   unloading   total   times   and   maximum   junction   temperatures   (J1)  
measured  for  the  four  different  test  modules  filled  with  the  same  amount  (i.e.,  51  g)  of  RT55  paraffin  
wax,  with  and  without  the  3D  aluminum  structures.  From  the  analysis  of  the  data  listed  in  Table  2,  it  
appears  that  the  use  of  these  3D  periodic  structures  slightly  reduces  the  melting  (loading)  time,  while  
notably  reduces  the  solidification  (unloading)  time  as  compared  to  the  case  of  the  empty  module.  In  
particular,   the   melting   process   is   speeded   up   of   about   10-15%.   While   the   solidification   time   was  
reduced  up  to  -40%  when  the  periodic  structures  were  used.  Since  each  module  is  filled  with  the  
same  amount  of  paraffin  wax,  different  considerations  can  be  highlighted  when  considering  the  effect  
of   the   cell   dimension   on   the   phase   change   process.   It   appears   that   the   melting   time   slightly  
decreases  as  the  cell  size  decreases,  passing  from  26’  at  40  mm,  to  24’  at  10  mm  and  20  mm.  
As  reported  in  Table  2,  the  3D  period  structures  have  also  a  great  effect  on  the  maximum  junction  
temperature  achieved  at  the  end  of  the  melting  process.  As  expected,  the  junction  temperature  of  
the   empty   module   reached   more   than   90   °C,   while   the   10   mm   sample   showed   the   lowest   value  
around  67  °C.  It  is  interesting  to  point  out  that  the  20  mm  and  40  mm  exhibited  almost  the  same  
maximum  value,  around  80  °C.  By  comparing  the  melting  and  solidification  times  and  the  maximum  
junction  temperatures,  it  can  be  stated  that  the  10  mm  sample  appears  to  be  the  most  effective,  and  
when  increasing  the  pore  size,  the  heat  transfer  process  is  slightly  penalized.  Furthermore,  the  use  
of   the   3D   structured   materials   permitted   to   limit   the   presence   of   any   void   volume   after   the  
solidification  process,  contrarily  to  the  reference  “empty”  test  module,  as  can  be  seen  in  Fig.1b.  
  
Table  2.  Loading  (melting)  and  unloading  (solidification)  times  for  RT55  at  20  W  
Case  
Time  
Maximum  Junction  
temperature  (J1)  
Loading  process    
Unloading    
(20  W)  
(natural  convection)    
Empty  module  
28  min  
168  min  
90.7  °C  
3D  periodic  structures  
40  mm  

26  min  

153  min  

80.9  °C  

20  mm  

24  min  

139  min  

80.2  °C  

10  mm  

24  min  

118  min  

67.2  °C  

  
Different  considerations  can  be  drawn  looking  at  the  temperatures’  distribution  inside  the  PCM  core.  
Fig.   4   reports   the   temperature   profiles   recorded   during   the   loading   process   by   the   thermocouple  
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located  at  the  centre  of  each  sample  (P2  in  Fig.  3).  It  interesting  to  note  that  in  the  10  mm  cell  sample,  
the  temperature  in  the  center  of  the  PCM  increases  rapidly  as  compared  to  the  other  samples,  even  
if  all  the  3D  structures  showed  similar  total  melting  times.  A  different  behavior  is  observable  in  the  
case   of   the   reference   empty   module,   a   solid   PCM   volume   persisted   inside   the   sample   for   longer  
since   the   heat   came   only   from   the   bottom   side.   When   all   the   paraffin   around   this   solid   core   was  
melted  and  superheated,  the  core  quickly  melted,  and  the  temperature  increased  accordingly.  
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Figure  4:  Temperature  in  the  PCM  core,  measured  by  P2  thermocouple,  for  the  different  modules  
during  the  loading  phase  
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Figure  5:  Temperature  in  the  PCM  core,  measured  by  P2  thermocouple,  for  the  different  modules  
during  the  unloading  phase  

  
Fig.  5  compares  the  temperatures  recorded  by  the  central  P2  thermocouples  during  the  unloading  
process.  After  a  similar  de-superheating  phase,  the  PCM  quickly  solidified  in  the  10  mm  cell  sample,  
because  the  3D  structure  promoted  an  efficient  heat  transfer  to  the  ambient  air.  On  the  other  hand,  
the  paraffin  core  in  the  empty  box  remained  hot  for  more  time.  For  example,  a  huge  difference  is  
notable   considering   the   time   needed   to   reach   a   normalized   temperature   of   around   0.6   (i.e.,  
approximately  40  °C).  The  10  mm  one  required  about  40  min,  while  the  reference  one  took  80  min,  
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about  was  times  more.  This  means  that,  in  the  analyzed  range  of  cell  dimensions  and  heat  flux,  the  
lower  the  pore  size,  the  higher  the  heat  transfer.  This  result  differs  from  what  found  by  Mancin  et  al.  
(2015)  and  by  Lazzarin  et  al.  (2018)  where  all  the  investigated  foams  with  different  pore  values  (PPI)  
resulted   in   similar   heat   transfer   performance.   This   probably   means   that   all   the   investigated   PPI  
values  by  Mancin  et  al.  (2015)  and  Lazzarin  et  al.  (2018)  were  so  high  that  a  further  increment  in  
PPI  was  not  noticeable  in  the  final  results.  
Finally,  the  temperature  distribution  inside  a  single  module  is  analyzed.  For  space  constrains,  only  
the  reference  module  and  the  10  mm  cell  module  are  taken  into  account.  In  the  10  mm  cell  sample  
all   the   PCM   thermocouples   measured   similar   values,   so   the   temperature   inside   all   the   module  
increased   with   a   similar   trend,   since   the   aluminum   3D   structures   effectively   distributed   the   heat  
through  the  PCM.  As  expected,  the  junction  temperature  (J1)  was  the  highest  one;;  also  the  lateral  
wall  temperature  was  higher  than  the  paraffin  one.  It  interesting  to  note  that  the  temperature  in  the  
central  top  aluminum  structure  (A2,  see  Fig  3)  is  higher  than  the  PCM  temperature  in  the  same  area  
(P3),  so  that  the  addition  of  the  metal  net  can  improve  the  heating  of  the  paraffin  located  in  the  upper  
zone.    
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Figure  5:  Temperature  distribution  in  the  PCM  (P1  to  P5),  in  the  aluminum  parts  (A1  and  A2)  and  in  
the  heater  block  for  the  10  mm  cell  sample  (a)  and  the  reference  one  (b)  

  
On  the  other  hand,  in  the  reference  module  the  temperatures’  distribution  inside  the  PCM  is  pretty  
scattered.  The  paraffin  temperature  close  to  the  walls  (P4  and  P5)  was  close  to  the  wall  temperature  
(A1),  while  the  temperature  in  the  core  remained  low  for  a  longer  period  of  time.  This  is  because  no  
heat  was  transferred  by  the  aluminum  structures  directly  toward  the  central  area.  As  expected,  the  
last  paraffin  part  to  melt  was  in  the  center  of  the  module  (P2).    
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4.  

CONCLUSIONS  

This  paper  experimentally  investigates  the  possible  use  of  different  cellular  structured  materials  to  
improve  the  solid-liquid  phase  change  process  of  PCMs.  A  new  test  rig  was  designed  and  built  to  
simulate  a  latent  thermal  energy  storage  (LTES).  A  paraffin  wax  with  a  nominal  melting  temperature  
of   55   °C   (Rubitherm   RT55)   was   studied   during   both   the   melting   (loading)   and   solidification  
(unloading)  processes.  Four  different  42x42x60  mm  modules  were  filled  with  51  g  of  paraffin  wax:  
one  was  kept  empty  and  used  as  reference,  while  three  of  them  contained  a  new  AlSi10Mg-0403  
aluminum  alloy  cellular  structure  material  with  open  3D  periodic  cells  based  on  a  pyramidal  shape  
obtained  via  metallic  additive  manufacturing  developed  to  enhance  the  phase  change  process  during  
both  loading  and  unloading  processes  of  PCMs.  These  structures  had  the  same  porosity,  equal  to  
95%,  different  base  size  of  the  cells,  equal  to  10,  20,  and  40  mm  respectively.  So,  it  was  possible  to  
investigate  the  cell  dimension  influence  on  the  heat  transfer.    
The  results  highlighted  that:  
-  the  melting  time  slightly  decreases  as  the  cell  size  decreases,  passing  from  26’  at  40  mm,  to  24’  at  
20  mm  and  10  mm;;  
-  the  maximum  junction  temperature  is  remarkably  decreased  by  the  presence  of  the  3D  structure;;  
-  In the  unloading  process,  after  a  similar  de-superheating  phase,  the  PCM  quickly  solidifies  in  the  
10  mm  cell  sample  because  the  3D  structure  promotes  an  efficient  heat  transfer  to  the  ambient  air.  
On  the  other  hand,  the  paraffin  core  in  the  empty  box  remains  hot  for  more  time.    
-The  great  difference  between  the  investigated  samples  is  related  to  the  temperature  field  inside  the  
paraffin:   in   the   10   mm   cell   sample,   the   temperature   in   the   center   of   the   PCM   increases   rapidly,  
following   a   similar   trend   as   compared   to   the   heater.   On   the   other   hand,   in   the   reference   empty  
module,  a  solid  PCM  volume  persists  inside  the  sample  for  longer  since  the  heat  comes  only  from  
the  bottom  side.  When  all  the  paraffin  around  this  solid  core  is  melted  and  superheated,  the  core  
quickly  melts,  and  the  temperature  increases  accordingly.  
  
These  preliminary  results  highlight  the  effects  of  the  3D  structure  on  the  melting  and  solidification  
processes  of  PCMs;;  they  also  confirm  that  there  might  be  an  optimum  cell  size,  which  maximize  the  
heat  transfer  through  the  PCM.  Additional  tests  to  study  the  effects  of  the  operating  conditions  (e.g  
heat   flow   rate)   and   3D   structure   properties   (e.g.   cell   size,   porosity)   are   surely   needed   to   better  
understand  how  it  is  possible  to  design  efficient  LTES.  
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heat  transfer  area  (m2)  
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heat  flow  rate  (W)  

t
x
𝜀
λ

temperature  (°C)  
position  (m)  
porosity  (-)  
thermal  conductivity  (W  m-1  K-1)  
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ABSTRACT
Refrigerant and heat exchanger design are significant factors of interest in Heat Pump Water Heater
(HPWH) system. This paper presents the experimental study about R1234yf as a low global warming
potential (GWP) drop-in substitute of R134a. Then condenser configuration analysis is conducted to
explore the effects of condenser circuit number using the baseline R134a. It is experimentally
demonstrated that the cooling capacity and COP obtained with R1234yf in a HPWH system is slightly
lower than that obtained with R134a. It has been shown that R1234yf can be a desirable alternative
for R134a with comparable performance but it is noted that extensive modifications should be
considered if the same system performance need to be obtained. By closing the valves at the inlet
and outlet of one condenser circuit, a one-circuit condenser system could be achieved. It is shown
that a system operating with one-circuit condenser only brings the COP down within 5.5%.
Keywords: Condenser, Drop-In, Heat Pump Water Heater, Low GWP, Performance, R1234yf, R134a.
1. INTRODUCTION
A significant parameter is the refrigerant used in the vapor compression cycle. With the increasing
concern with respect to its high GWP, R134a has been discouraged in the use of HPWH applications.
Therefore, finding promising low-GWP alternative refrigerants for HPWHs becomes important.
R1234yf has been universally considered as a possible drop-in replacement for R134a in HPWH
applications due to its zero Ozone depletion potential (ODP) and similar thermodynamic properties
and heat transfer coefficient as R134a. Lee and Jung (2012) compared the performance of R134a
and R1234yf, and concluded that there were only tiny differences in capacities while the compressor
discharge temperature reduced by 6℉. Zilio et al. (2011) investigated the experimental research
using R1234yf as the drop-in to compare with a R134a baseline mobile air conditioning (MAC)
system. Mota-Babiloni et al. (2014) and Navarro-Esbrí et al. (2013) compared with energy
performance of vapor compression systems with R134a and R1234yf. By controlling the condensing
and evaporating temperature, it is shown that the cooling capacity and COP of the R1234yf system
decreased by 9% and 13%, respectively, while the volumetric efficiency was approximately 5% lower
than that of R134a. It can be concluded from these researches that the COP and capacity of R1234yf
are close to those of R134a.
In order to decrease the product expense, the system components need to be explored. Some
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hardware modifications can be done regarding the tube size and tube length of the heat exchangers,
which results in a change of the refrigerant charge quantity.

2. EXPERIMENTAL BENCH AND PROCEDURE
2.1 Experimental Facility
The system tested is an R134a based Heat Pump Water Heater system, and three systems were
tested:
(a) the baseline R134a HPWH system with two-circuit condenser
(b) the same system as (a), operating with an optimal charge of R1234yf with the baseline rotary
compressor and EEV setting
(c) the baseline R134a HPWH system with one-circuit condenser
Fig.1 illustrates a schematic drawing of the HPWH
system and the experimental setup, which
contains a fin and tube evaporator, a rotary
compressor, a low-pressure side accumulator, an
electronic expansion valve, a wrap-around coil
condenser and a water tank. Since the superheat
degree is supposed to be maintained by regulating
the steps of the EEV but it cannot be always
guaranteed, accumulator is placed at the inlet of
compressor to avoid impact of refrigerant.
To implement a one-circuit condenser, 4 manually
operated ball valves are installed in two refrigerant
loops at the inlet and outlet. Therefore, by closing
two of the ball valves of inlet and outlet from the
same circuit, condenser circuit can be bypassed
and only one circuit is connected to the system.

Figure 1: Schematic drawing of
experimental facility

2.2 Experiment Procedure
For the purpose to obtain and compare the performance of two refrigerants and condenser circuits,
a fair test condition should be carried out. Therefore, all four tests are performed with the fixed
external heat transfer fluids (water and air) temperature, the evaporation and condensation
saturation temperatures have been remained the same for each test. The operation contains a fully
warm-up period to heat the water from 25℃ to 50℃.
Firstly, tests are conducted for R134a with the original two-circuit condenser, then comes with the
subsequent tests conducted with the same system component design as well as external conditions
for the drop-in refrigerant R1234yf. After that, R134a with one-circuit condenser is performed under
the same operation condition.
2.3 Performance Evaluation Method
The performance and behavior of the HPWH system are calculated with the experimentally
measured data. Evaporating and condensing temperatures are obtained by calculating the saturated
conditions with the pressures at the evaporator inlet and condenser outlet. Condenser subcooling
and evaporator superheat are calculated through Eq. (1) and (2), respectively:
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𝑇$% = 𝑇'(,*+, − 𝑇'(,.

Eq. (1)

𝑇$/ = 𝑇0(,. − 𝑇0(,*+,

Eq. (2)

Condenser capacity and cooling capacity is calculated with Eq. (3) and (4), the expansion process
is assumed to be isentropic:
𝑄'( = 𝑚( ∗ ∆ℎ'( = 𝑚( ∗ (ℎ'(,. − ℎ'(,7 )

Eq. (3)

𝑄0( = 𝑚( ∗ ∆ℎ0( = 𝑚( ∗ (ℎ0(,. − ℎ0(,7 )

Eq. (4)

Where, 𝑄'( and 𝑄0( are the heating and cooling capacity, 𝑚( is the measured refrigerant mass
flow rate, ℎ'(,7 and ℎ'(,. are the refrigerant specific enthalpy at the condenser inlet and outlet,
ℎ0(,7 and ℎ0(,. are the refrigerant specific enthalpy at the evaporator inlet and outlet.
Air side capacity can be calculated based on Eq. (5):
Eq. (5)

𝑄0+ = 𝑚+7( ∗ (ℎ0+,7 − ℎ:+,. )

Where, ℎ0+,7 and ℎ:+,. are the enthalpy before and after passing through the evaporator. Air
stream temperature are measured before and after passing through the evaporator to obtain the air
enthalpy. 𝑚+7( is the air flow rate that obtained and calculated by the differential pressure
transducer in the nozzle.
COP can be used as a criteria to evaluate the performance of the HPWH. Eq. (6) defines the COP
during the warm-up operation, as the ratio of condenser capacity to the compressor consumption. It
is the quotient between specific heating and specific compressor consumption:
COP =

𝑄𝑐𝑜𝑛𝑑

Eq. (6)

𝑊𝑐𝑜𝑚𝑝

Besides, the refrigerant mass flow rate, compressor discharge temperature, compressor power
consumption are measured directly from the transducers that installed in the HPWH system.

3. RESULTS
3.1 Drop-in Refrigerant R1234yf
Table 1 lists the drop-in test results for R134a and R1234yf. Tests are conducted at least two times
for the accuracy.
Table 1. Average COP, cooling capacity, compressor discharge temperature, charge and heating-up
time for R134a and R1234yf

Refrigerant

COP

Diff.
COP (%)

Qe(kW)

Diff.
Qe (%)

Tdis (℃)

Diff.
Tdis (%)

R134a
R1234yf

4.42
4.03

-8.2

1.45
1.29

-11

59.5
55.4

-6.8

Charge
(g)
825
785

Operation time
(min)
208
225

The average COP and cooling capacity for R1234yf is approximately 8.2% and 11 % lower than
baseline R134a, respectively. While the measured compressor discharge temperature for R1234yf
is 6.8℃ lower than those of R134a. Finally, the amount of refrigerant charge for R1234yf is 5% lower
than those obtained for R134a due to the density decrease of R1234yf. The operation time using
R1234yf is 8% higher than that of R134a to warm up the water from 25℃ to 50℃.
Fig. 2 presents the power and COP using both refrigerants at same working conditions.
Fig. 3 shows the refrigerant side temperature for both refrigerants. The temperatures at the
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condenser inlet and outlet for R1234yf are up to 10% lower than using R134a, and the slope for
R1234yf is sharper so that the temperature difference between two refrigerants becomes smaller
with time. Furthermore, since the compressor discharge temperature is slightly lower for R1234yf
than R134a, a similar compressor configuration and current compressor lubricant can be feasible to
use for the drop-in refrigerant.
It is noted that the compressor power consumption increases with the increase of condensation
temperature, which can be explained by the rise of compression ratio. The slope of the compressor
power obtained by R134a is sharper than that of R1234yf.
80

R1234yf

70

R134a

Tcond_inlet

60
50

Temperature [

]

Tcond_outlet

40
30

Tair

20

Tevap_outlet

10

Tevap_inlet

0
-10

Figure 2: lower capacity, COP for R1234yf

Time [min]

Figure 3: Compressor discharge temperature is
up to 10% lower for R1234yf than R134a
18
16

R1234yf
R134a

14

Temperature [ ]

The heat rejection rate for R1234yf is approximately
10% lower, with 1.5-2 ℃ lower liquid subcooling and
higher condenser inlet pressure. Meanwhile, the
pressure drop and the saturation temperature drop
through the condenser for R1234yf remains almost
the same with R134a, which clearly indicates that
R1234yf could be used in the same condenser
design as a drop-in refrigerant, and it may benefit
more from an improved design.
On the evaporator side, the larger R1234yf saturation
temperature drop (2.5 ℃ greater) at almost same
superheat degree (0.8℃ higher), the R1234yf could
benefit from a redesigned evaporator.

12

T_superheat

10
8
6

T_subcooling

4
2
0
Time [min]

Figure 4: 0.8℃ higher superheat in
evaporator and 2℃ lower subcooling in
condenser

The refrigerant mass flow rate measured directly by the Coriolis mass flow meter, and it is a function
of several variables in accordance with Eq. (7):
𝑚(0D =

EF ∙HIJKL ∙M
NIJKL,OP ∙QR

Eq. (7)

Where, 𝜂N is the compressor volumetric efficiency, 𝑉'.UV is the geometrical volume that only relies
on the compressor geometrical dimensions. 𝑁 is the compressor rotation speed, 𝑣'.UV,7: is the
specific volume at compressor inlet. For a fixed compressor, the mass flow rate that measured in
the experiments only relies on the volumetric efficiency and specific volume at compressor inlet.
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Fig. 5 indicates the effect of compression ratio on
the compressor volumetric efficiency when using
R134a and R1234yf. The volumetric efficiencies
of two refrigerants are relatively close (with
difference ranging between 0.4% and 5%), with
lower compression ratio, the volumetric efficiency
for R1234yf is slightly higher than that of R134a,
and is up to 5% lower compared with R134a
when compression ratio is over than 3.5.
Furthermore, the points’ dispersion for R1234yf
is larger than that obtained for R134a, which
indicates higher pressure drops when using
R1234yf would cause a larger influence of
compressor speed on volumetric efficiency.

Figure 5: Volumetric efficiency versus
compression ratio using R134a and R1234yf

Figure 6: Refrigerant mass flow rate for R1234yf
is up to 15% higher than that of R134a

Figure 7: System using R1234yf generates
31% more entropy than R134a in total

The refrigerant mass flow rate driven by the compressor with R1234yf is higher (by up to 15%) than
R134a, since R1234yf does not introduce a significant volumetric efficiency difference, and it obtains
higher suction density as well as lower specific volume, higher mass flow rate is driven by the
compressor. Entropy generation for each component can be specified from below:
𝛿𝑆0N+V = 𝑚 𝑠0(,. − 𝑠0(,7 −

\]

𝛿𝑆'.:_ = 𝑚 𝑠'(,. − 𝑠'(,7 −

\I

^]

^I

Eq. (8)
Eq. (9)

𝛿𝑆'.UV = 𝑚 𝑠'(,7 − 𝑠0(,.

Eq. (10)

𝛿𝑆00N = 𝑚 𝑠0(,7 − 𝑠'(,.

Eq. (11)

The entropy generation of total HPWH system equals to the sum of all the entropy generations above:
𝛿𝑆,.,+` = 𝛿𝑆0N+V + 𝛿𝑆'.:_ + 𝛿𝑆'.UV + 𝛿𝑆00N
Eq. (12)
Compressor has the highest amount of entropy generation in both cycles so that about 50% of the
total entropy production is accumulated to the compressor.
The entropy generates more when the heat loss in the condenser increases, which indicates a lower
condenser inlet temperature. The entropy generation obtained with R1234yf is 25% higher than that
of R134a, this is because as the compressor discharge temperature decreases with R1234yf, the
heat loss from the condenser increases.
Since entropy generation for individual components is higher when using R1234yf, therefore the
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total entropy generation of 1234yf is 31% more than that of 134a.
The results indicates that entropy analyses can be used as a proper method to determine the
occurrence point of the maximum loss and system irreversibility.
3.2 Effect of Condenser Circuit Number
Table 2. Average COP, cooling capacity, compressor discharge temperature, charge and heating-up
time for one-circuit and two-circuit condenser using R134a

Condenser
circuit
Two-circuit
One-circuit

COP

Diff.
COP (%)

Qe(kW)

Diff.
Qe (%)

Tdis (℃)

Diff.
Tdis (%)

4.26
4.42

-3.7

1.44
1.45

-0.7

56.6
55.4

1.2

Charge
(g)
625
830

Operation time
(min)
218
208

Table 2 illustrates the performance results on one-circuit and two-circuit condenser with R134a. The
average COP for one-circuit condenser decreases 3.7%, while cooling capacity decreases only 0.7%.
The compressor temperature is 1.2℃ higher than that of two-circuit, and the charge for one-circuit
condenser system is 24.6% lower than that of two-circuit, it takes 4.6% shorter operation time for
the one-circuit system to heat up the water from 25 ℃ to 50 ℃.
Fig. 8 indicates the power and COP for two
condenser designs during the operation. In the
first 30 minutes, there is up to 4% increase for
the one-circuit compressor work, 7.3% and
12.2% decrease in condenser capacity and
COP, respectively. In the middle period of the
operation, there is no obvious difference
between two condenser designs, and in the last
60 minutes, the condenser capacity, cooling
capacity for one-circuit condenser system
decrease up to 4% and 7% respectively, while
Figure 8: Power and COP for one-circuit is
compressor work increases up to 4%, these
cause the COP drops up to 7.4% compared with lower than that of two-circuit in the first and last
hour of heating operation
the original two-circuit condenser system.

Figure 9: Higher pressure drop in condenser

Figure 10: Pressure drop in the one-circuit

and liquid line for one-circuit condenser system

condenser is two times of two-circuit condenser

Figs. 9 and 10 illustrate the pressure at each component and the pressure drop during the heating
process. The difference of the pressure between one-circuit and two-circuit at evaporator inlet and
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outlet are within 2%, while the pressure at EEV inlet for one-circuit is 6% lower than that of twocircuit, which indicates the pressure drop at liquid line is higher when using one-circuit condenser.
The two-circuit design helps to minimize the pressure drop in the condenser, one-circuit condenser
causes a large pressure drop since it decreases the condenser tube size, which in turn results in
lower saturation temperature and hence drops the performance.
The condenser obtains a higher inlet pressure and lower outlet pressure compared with the original
two-circuit design, the pressure drop in the condenser for one-circuit increases 157%.
Figure 11 shows the void fraction with quality in condenser. In general, the quality and void fraction
decrease continuously along the condenser tubes, the mass flux g and void fraction α are obtained
by Eqs. (13) and (14)
g=

α=

𝑚𝑟
𝐴

=

𝑚𝑟
𝜋𝑑

Eq. (13)

2

4

1
𝜌𝑔
1+1−𝑥
𝑥 𝜌𝑣 𝑆

Eq. (14)

Where, 𝑚( is the refrigerant mass flow rate, A is the cross-sectional area of the condenser tube, x
represents the flow quality and S is the slip ratio.
Here, 1 represents the superficial quality which
indicates the moment when liquid shows up at inner
wall of the condenser. Since the mass flux depends
on refrigerant mass flow rate and the cross-sectional
area of the condenser tube, it is obvious that twocircuit condenser obtains lower refrigerant mass flux
than that of one-circuit due to the increase of crosssectional area, which indicates a higher refrigerant
charge for two-circuit system. Fig. 12 experimentally
proves that pressure drop across condenser section Figure 11: Higher void fraction in condenser for
one-circuit condenser system
rises with the increase of the refrigerant mass flux.
Larger cross-sectional area is occupied by the vapor
phase for one-circuit condenser. P-h diagram of the
warm-up period for two condenser configurations are
given in Fig. 12. Condensation pressure and
temperature increases with time due to the heating
up process on the water side. The degree of liquid
subcooling also generates more with condensation
pressure, this can be explained by the sharper liquid
phase curve of R134a. For both condenser
configurations, only slightly increase on evaporation
temperature and pressure during heating up process,
due to constraint ambient temperature and condition. Figure 12: lower condensation temperature and
Relatively constant vapor superheat is obtained for higher evaporation temperature for one-circuit
condenser system
both systems due to the control of EEV.
Comparing the P-h diagram of one-circuit condenser system with the two-circuit, same constant
vapor superheat value is obtained, the liquid subcooling for one-circuit condenser is higher.
Furthermore, one-circuit condenser system gains a higher evaporation temperature and lower
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condensation temperature compared to the original two-circuit design.
Fig. 13 shows the T-h diagram for two condenser
one-circuit
two-circuit
configurations that undergo same condensation
temperature. One-circuit condenser achieves
higher temperature difference that it has lower
evaporation
temperature
and
higher
air
T
temperature, therefore a higher LMTD is obtained
T
T
T
by one-circuit condenser compared to the twocircuit baseline system. This is reasonable since
the cooling capacity for one-circuit condenser
Figure 13: Higher LMTD for one-circuit
system is about tied with the baseline two-circuit,
system.
and contact area is 50% of the two-circuit.
air,in

air,out

ero

eri

4. CONCLUSION
A drop-in analysis of R1234yf is carried out to compare the system performance with R134a on the
same experimental facility at same working condition. According to Table 1, R1234yf obtains lower
performance in an acceptable range (within 10%) comparing with baseline R134a. This indicates
that R1234yf can be a desirable alternative for R134a with comparable performance but it needs be
noted that extensive modifications should be considered if the same system performance need to
be obtained.
(a) R1234yf introduces COP decreases ranging between 5.8% and 9.7%.
(b) The power consumption of R1234yf is 1.3% higher than that of R134a.
(c) The heating capacity of R1234yf is up to 10% lower than that of R134a.
(d) Refrigerant charge amount of R1234yf is 5% lower than that of R134a.
This paper also experimentally examines the effect of condenser circuit on system performance
simply by closing the valves of one condenser circuit to achieve the modification.
(a) Compared with the system with two-circuit original condenser, COP of the system with
one-circuit condenser obtains a reduction of 3.7%.
(b) Cooling capacity for the system with one-circuit condenser decreases by 0.2%-4.1%.
(c) Heating capacity for the system with one-circuit condenser decreases by 0.1%-4.3%.
(d) The charge amount of the system with one-circuit condenser decreases 25%.
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ABSTRACT
In this work, an experimental analysis of the hydrofluidisation freezing system for small fruits or
vegetables is presented. The analysis was focused on the fluid flow measurements around the
spherical samples inside the hydrofluidisation chamber as well as the thermal measurements of the
process. The measurements were performed on the experimental rig designed at the Institute of
Thermal Technology, Gliwice, Poland. That test stand is equipped with the precise mass flow meters,
thermocouples and pressure sensors. The walls of the hydrofluidisation chamber are transparent to
visualise the fluid flow around the investigated sample. To capture the fluid flow, the PIV system was
used. The experiments were conducted for various configurations of the orifice and sample positions.
The gathered results were used for the evaluation of the heat transfer coefficient and the freezing
time analysis as well as the developed CFD model validation. Finally, the recommendations for the
HF system performance improvement were formulated.
Keywords: Hydrofluidisation, Food Freezing, PIV, Experimental Investigation.

1. INTRODUCTION
Freezing is one of the most efficient method to extend the shelf life of the food products. In particular,
fresh fruits and vegetables (James et al. (2014)). In addition, the customers demand the high quality
of the frozen products. Therefore, the applied freezing method should guarantee the proper food
appearance, texture, flavour and aroma. The high nutritious values of the considered products after
the freezing are also required. According to recent work Li et al. (2018), the selection of the food
freezing technique affects the cell structure after the freezing. Namely, the size and distribution of
the ice crystals created inside the processed product is strongly related to the freezing time.
Therefore, the freezing technologies that offer short freezing time are highly recommended. One of
the freezing method that guarantee the rapid freezing of the small fruits and vegetables is
Hydrofluidisation Freezing (HF) introduced by Fikiin (1992). However, that freezing method is still
relatively new. Consequently, the number of the research papers focused on HF investigation is fairly
limited.
The hydrofluidisation freezing method combines the advantages of the immersion freezing and the
impingement freezing. Namely, the processed product is immersed inside the tank filled with coolant
which is pumped inside the tank through the orifices or nozzles. Moreover, the coolants used in HF
systems are usually environment-friendly fluids. The two most common coolants used in HF-based
freezers are aqueous solutions of sodium chloride or ethanol. Fikiin (1998) underlined that HF
guarantees the very high heat transfer coefficient (HTC) and short freezing time. According to the
results presented by Fikiin et al. (2003), the HTC values for the HF freezing exceeds
1000 W∙m-2∙K-1 which is significantly higher than for e.g. immersion freezing. Similar findings were
reported by Verboven et al. (2003). The authors of that paper experimentally investigated the heat
transfer coefficient in the laboratory scale HF system with ethanol and glucose aqueous solution.
The results presented by the mentioned authors showed that HTC for the analysed system ranged
from 154 to 1548 W∙m-2∙K-1.
More detailed investigation of the HF freezing method was performed by Peralta et al. (2009). In that
study, the dedicated experimental rig was developed to analyse the HF method. Peralta et al. (2009)
conducted numerous experiments including various coolant temperature, various Reynolds numbers
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of the fluid and finally for various distance between the sample and the orifice. As a result of that
investigation, Peralta et al. (2009) formulated the Nusselt number correlations for the HF system with
the NaCl solution as a coolant. The same group of the authors developed the CFD model of the HF
system (Peralta et al. (2010)). The initial model was formulated for the HF system similar to that
presented in the paper by Peralta et al. (2009). The numerical approach presented in Peralta et al.
(2010) was validated by comparison of the computational results with the literature data.
Nevertheless, that comparison was performed only for the global and average process parameters,
e.g. the average HTC values. In order to achieve the higher accuracy of the mathematical model
and improve HF systems, more detailed experimental analysis of the process is highly desired.
Hence, the scope of this paper is devote to the flow field and heat transfer measurements in
laboratory scale HF system.
All the experiments presented in this study were conducted on the dedicated experimental rig
designed and manufactured at the Institute of Thermal Technology (ITT), Gliwice, Poland. The
general design of that stand was based on the work of Peralta et al. (2009). However, a number of
modifications were introduced to an original concept of the mentioned authors. Namely, the HF
chamber was equipped in the step motors for the sample movement simulation, the walls of the
chamber were thermally insulated and partially made of transparent elements in order to enable flow
field measurements by means of particle image velocimetry (PIV). The numerous measuring
instruments were installed in the experimental stand such as T-type thermocouples, pressure
sensors and precise Coriolis type mass flow meters.
As it was already mentioned, the experimental campaign presented in this study was dedicated to
coolant flow field and heat transfer measurements. All the experiments were conducted for a single
spherical sample mounted inside the HF chamber. Moreover, during the experiments, the orifice
diameter, distance between the sample and the orifice outlet, coolant temperature and mass flow
rate varied. Therefore, the experiments were conducted for various Reynolds and Prandtl numbers.
Moreover, due to the variation of the distance between the sphere and the orifice, the influence of
the distance between the sample and the orifice (H) to orifice diameter (d) ratio (H/d) was analysed.

2. EXPERIMENTAL RIG
The experimental rig designed for the HF investigation consists of two main parts such as coolant
preparation loop and HF chamber. The coolant loop consists of a coolant tank with a spiral pipe
connected to the refrigeration unit and piping connected to the HF tank. That loop is equipped with
two motor valves in order to operate in coolant preparation mode or HF mode. The coolant
preparation loop is used to stabilise the coolant temperature and mass flow rate before the fluid is
pumped into the HF chamber. Therefore, the two Coriolis mass flow meters, five thermocouples and
two pressure sensors are installed in that loop. The schema of that loop is presented in Fig. 1.
In addition, the position of thermocouples (T), pressure sensors (P), mass flow meters (MFM), pump
and valves are depicted in that figure. The coolant tank and the HF chamber as well as the piping
were made of the ASI 316L stainless steel. All the mentioned elements of the experimental rig were

Figure 1: The layout of the experimental loop
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thermally insulated to limit the heat transfer between the coolant and the environment. Moreover,
the front and the side walls of the HF chamber were equipped with the double glass inspection
windows. The HF chamber scheme is presented in Fig. 2. As it can be seen in that figure, the two
step motor were used to position or simulate the sample movement. One of the most important
components of the HF chamber is the HF tank presented in Fig. 2. The sample is immersed inside
that tank during the HF process. The HF tank was fully made of transparent plexiglass. The bottom
of the tank consists of the stainless steel plate with the orifices or nozzles. That plate can be easily
removed or replaced in order to investigate various configurations of orifices or nozzles. In order to
homogenise the coolant flow, the bottom chamber with the deflector was manufactured under the
HF tank. Inside the HF chamber, the number of the thermocouples and pressure sensor are installed.
The mentioned pressure sensor is mounted in the bottom chamber wall right under the plate with
the orifices. The array of thermocouples is attached to sample mounting system and it is positioned
behind the sample. The whole system is controlled with the WAGO 750 series PLC controller. The

Figure 2: The scheme of the hydrofluidisation chamber

more detailed description of the measuring instruments installed inside the HF chamber as well as
the description of the PIV system used for the flow field measurements are presented later in this
paper.
2.1.

Temperature and Pressure Measurements

The experimental rig was equipped with 53 T-type thermocouples. Most of them (48) are installed
inside the HF chamber. These thermocouples are distributed around the sample to measure the
temperature field near the processed product. The accuracy of the thermocouples for the
temperature range from -40 oC to 375oC was rated as ± 0.5 oC. In order to measure the heat transfer
inside the sample and heat transfer coefficient, two additional thermocouples were used. One of
them was attached to the sphere wall and the second one was installed in the sphere centre. The
laser flash analysis (LFA) was used to assess the thermal conductivity of the sample. As it was
already mentioned, the remaining five thermocouples were installed in the coolant preparation loop.
In addition to the thermocouples, the WIKA S-10 pressure sensors were used for the pressure
measurements. The accuracy of these sensors was equal to ≤ 5% of the measuring range of the
sensor.
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2.2.

Mass Flow Rate Measurements

Two Coriolis type mass flow rate meters were used for the mass flow rate measurements. The
distribution of the mass flow meters is presented in Fig. 1 denoted as MFM. Both mass flow rate
meters were manufactured by Endress+Hauser model Promass E 300. These devices were
calibrated for the mass flow rate ranged from 50 kg∙h-1 to 3600 kg∙h-1. The accuracy of the mass flow
rate measurements for that range was rated as ±0.1% of the reading. The maximum error of the
applied mass flow meters for the mass flow rates lower than 50 kg∙h-1 was equal to ±2% of the
reading.
2.3.

Circulation Pump

The EBARA multistage vertical pump model EVMSL 5 of 0.37 kW @50Hz was used to pump the
fluid inside the HF chamber. The maximum operating pressure rate for that pump is 16 bar. The
pump was made of ANSI 316L stainless steel. Moreover, the fluoroelastomer (FPM) insulation
suitable for the temperatures ranged from -30oC to 80oC. Therefore, the possibility of the coolant
leakage even for the relatively low temperatures was limited. The pump mass flow rate was
controlled by TECO L510s inverter.
2.4.

Data acquisition System

The experimental rig is equipped with the WAGO 750 PLC controller. That device is combined with
the WAGO modules dedicated to the temperature measurements and current or voltage
measurements. The frequency of data acquisition was set to 2 Hz. Then all the recorded data are
saved in the CSV file.
2.5.

PIV System and Analysis

The most important element of the measuring stand was the PIV system used for the flow field
measurements. The PIV system used in this study consists of high-resolution Dantec Dynamics Flow
Sense 4M MK4 II. That camera has 2048x2048 CCD sensor. The maximum frame rate of that
camera is 16 frames per second (fps) in full resolution. The investigated region is illuminated by

Figure 3: The PIV system set up

double-pulse Quantel Twin BSL 200 laser. The maximum energy output for that unit is 200 mJ for
523 nm wave length. The Dantec Dynamics Synchroniser was used to synchronise the laser and
camera signal. The recordings and the post-processing of the gathered frames were conducted
within Dantec DynamicStudio 3.41 software. The position of the camera and the laser is presented
in Fig. 3. All the flow field measurements were conducted for the steady state flow conditions. The
captured frames were processed with the Average Correlation method. Then the obtained velocity
vector field was validated within the Peak Validation, Range Validation and Moving average
methods.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1824

3. RESULTS
The flow visualisation experiments were conducted for two orifice diameters (3 mm and 5 mm) and
various distance between the sample and the orifice (ranged from 5 cm to 7 cm). In consequence,
H/d for this study ranged from 10.0 to 23.3. The aqueous solution of the ethanol (5% mass) was
used as the coolant. All the experimental runs were conducted for the Reynolds number (Re) equal
to approximately 85 000. Therefore, the mass flow rate of the coolant was individually adjusted for
each run. The Reynolds number was defined as follows:
𝑅𝑒 =

$% &

Eq. (1)

'

where v0 stands for velocity of the fluid at the orifice outlet, D is the sample diameter and ν is the
kinematic viscosity for the coolant inlet temperature. A full list of the operating conditions for the
investigated cases is presented in Table 1. At this stage of the study, the heat transfer was neglected.
Hence, the PIV measurements were performed for the coolant at ambient temperature. Moreover,
the flow field analysis was performed for steady state conditions in terms of the coolant mass flow
rate.
Case Orifice diameter,
no.
[mm]
1
5

3.1.

Table 1. The operating conditions

Mass flow rate,
[kg∙h-1]
411.75

Coolant temperature,
~Re, [oC]
16.7
85 000

H/d, 10.0

2

5

407.57

16.7

85 000

12.0

3

5

404.06

16.7

85 000

14.0

4

3

146.83

17.4

85 000

16.7

5

3

146.35

17.6

85 000

20.0

6

3

145.55

17.6

85 000

23.3

Velocity Flow Fields

The PIV technique was used to analyse the 2D flow fields under and near the processed sample.
The results of such analysis were used to create the velocity magnitude flow fields for the considered
cases. The results of that analysis for cases 1-3 are presented in Fig. 4. As it can be seen in that

-1

Figure 4: The velocity magnitude (m∙s ) fields for cases a)
1, b) 2, c) 3
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figure, the jet velocity decreases with the increase of the distance between the orifice and the sample
stagnation point. On the other hand, the velocity magnitude near the sample walls was approximately
the same for all three cases. Therefore, the influence of the H/d on the potential heat transfer
coefficient for cases presented in Fig. 4 was negligible.
The velocity magnitude along the jet axis for cases listed in Table 1 is presented in Fig. 5. The
decrease of the coolant velocity for H/d ranged from 10.0 to 14.0 can be considered as steady.
Nevertheless, the variation of the jet velocity for the H/d ranged from 10.0 to 14.0 is significantly
higher comparing to cases 4-6. The difference of the maximum jet velocity for case 1 and case 3
was equal to approximately 2 m∙s-1. On the other hand, that difference for smaller orifice diameter
(cases 4-6) was equal to approximately 0.4 m∙s-1. It should be pointed out that the jet velocity for
orifice diameter equal to 5 mm (cases 1-3) was significantly higher comparing for the orifice diameter
equal to 3 mm (cases 4-6). It can be noticed that for the similar distance between the orifice outlet
and the stagnation point the velocity of the fluid was approximately two times higher for orifice
diameter equal to 5 mm comparing to the orifice diameter equal to 3 mm.

Figure 5: The velocity magnitude along the jet axis for various H/d

In order to investigate the relation between the distance to orifice diameter ratio (H/d) on the velocity
of the fluid near the sample walls, the horizontal velocity profiles at the stagnation point level and at
the sample centre level were created. These profiles as well as their location are presented in Fig.
6. According to the results presented in that figure, the H/d ratio had the minor effect on the velocity
of the fluid close the processed sample walls. That shows a good agreement with the trends

Figure 6: The horizontal velocity magnitude profiles
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presented in Fig. 4. Moreover, it can be noticed that the difference between the velocity of the fluid
at the stagnation point level and the sample centre level can be considered as relatively small.

4. CONCLUSIONS
A relatively novel experimental rig dedicated for the HF freezing was presented in this paper. That
test rig was equipped in numerous precise measurement instruments such as mass flow meters,
thermocouples and pressure sensors. The experimental rig can operate in two modes, namely the
coolant preparation mode and the HF mode. The step motors and the mounting system were
installed in the experimental rig in order to simulate the sample movement or position the sample.
Moreover, the test stand was equipped with the transparent elements in order to run the PIV
measurements.
The experiments conducted at this stage of the study focused mostly on the flow visualisation inside
the HF chamber. In order to capture the fluid behaviour near the processed sample the highresolution PIV system was used. The PIV measurements were performed for various orifice
diameters and various distance between the orifice outlet and the sample stagnation point. In
particular, the H/d ratio considered in this study ranged from 10.0 to 23.3.
The gathered results showed that the jet velocity rapidly decreased for H/d ratio higher than 14.0.
Moreover, the velocity of the coolant jet was notably higher for the orifice diameter equal to 5 mm.
On the other hand, the detailed analysis of the flow fields and velocity profiles showed that the
variation of the velocity near the sample walls was negligible. Consequently, the variation of the heat
transfer coefficient for the considered range of H/d was rather small.
It should be pointed out that the results presented in this paper are part of the on-going project. The
next stage of the project is devoted to the heat transfer coefficient measurements together with the
PIV measurements. That investigation will be performed for various mass flow rates of the coolant,
various H/d ratio and finally for various coolant temperature. The results of the heat transfer
coefficient analysis will be presented during the 25th ICR presentation. Moreover, the gathered
results will be used for the validation of the CFD model of HF system which is developed as the part
of the mentioned project.
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NOMENCLATURE
D

sample diameter (m)

v

velocity magnitude (m·s-1)

d

orifice diameter (m)

ν

kinematic viscosity (m2·s-1)

H

distance between orifice and sample (m)

p

pressure (Pa)

Re

Reynolds number (-)
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ABSTRACT
In this work, we report a numerical analysis and performance parameters of La0.6Ca0.4MnO3
perovskite manganite as active magnetocaloric material (MCM) in an active magnetic refrigeration
cycle (AMR). This material displays a second-order phase transition at 260 K. The needed
magnetocaloric parameters for the AMR model such the adiabatic temperature (ΔTad) change and
the heat capacity (Cp) of the solid material were taken from previous studies, while the
thermodynamic performance are calculated according to the one-dimensional (1D) AMR model and,
investigated as a function of frequencies and fluid flow rates. The implementation of La0.6Ca0.4MnO3
material as a refrigerant in a 1T-AMR device would enable to generate a maximum no-load
temperature span of about 11 K, a maximum cooling power of 62 W and a coefficient of performance
of 0.5 at 10 K temperature span for a low operating frequency of 0.5 Hz.
Keywords: Magnetic Refrigeration, Cooling properties, Heat Transfer, AMR Cycle, COP,
Magnetocaloric Material.

1. INTRODUCTION
Refrigeration is vital in a wide variety of applications such as building, transportation and food
preservation. However, until today the traditional cooling technologies that are based on the
compression-relaxation of some synthetic refrigerants remain as one of the biggest sources of
greenhouse gases (GHG) emissions. On the other hand, the conventional refrigeration markedly
enhances the electric energy consumption on account of its lower thermodynamic efficiency, being
indirectly responsible for atmospheric pollutants emissions. In contrast, the magnetic refrigeration
which is based on the magnetocaloric effect (MCE) seems to be an interesting alternative because
of its potential high efficiency as well as the absence of the harmful CFCs and HFCs gases usually
present in conventional refrigerators (Balli et al., 2017). The magnetic materials (ferromagnets and
paramagnets) heat up in the presence of magnetic field and cool down when the magnetic field is
removed. Usually the MCE presents its maximum in the magnetic phase transition region and can
be amplified in functional devices by using the AMR thermodynamic cycles (Kitanovski et al., 2015).
Since the experimental discovery of the MCE in a sample of Ni by (Weiss and Picard, 1917), several
experimental and theoretical research works were devoted to the investigation of magnetocaloric
materials and understanding the mechanisms behind their magnetic and thermal features. For
example, (Tishin, 1990, 2003) used the molecular field theory (MFT) to quantify the crucial thermophysical properties such as specific heat (Cp) adiabatic temperature change (ΔTad) and entropy
change (ΔS) of several rare earth and transition metal elements (Gd, Tb, Dy, Ho, Er, Tm, Fe, Ni,
Co). It should be noted that the gadolinium metal which is a reference for magnetocaloric materials
is widely used in magnetic refrigeration because of its excellent magnetocaloric properties at roomtemperature. It exhibits an adiabatic temperature change of about 3 and 9 K under 1 and 5 T,
respectively (Tishin, 2003 and Sari et al., 2009). However, the Gd is extremely expensive with a poor
resistance against oxidation and corrosion phenomena. Aiming to find an alternative to Gd,
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worldwide research activities were stimulated in the past leading to the discovery of more practical
magnetocaloric materials (Balli et al., 2017) and (Pecharsky, 1997).
In this work, La0.6Ca0.4MnO3 perovskite has been chosen as the solid refrigerant in the magnetic
regenerator device, we are interested in the cooling performances of this compound because of its
significant magnetocaloric effect, its low manufacturing cost and its good chemical stability. (Bohigas
et al., 2000) have reported the magnetocaloric and magneto-transport properties of this compound.
It exhibits a second order phase transition with an ordering (Tc) around 260 K, a heat capacity of
about 640 J/KgK at 260 K, a maximum adiabatic temperature change (ΔTad) and a maximum
magnetic entropy change (ΔSmag) of about 1.1 K and 1.75 J/KgK respectively at 1T applied magnetic
field. The obtained results in term of temperature span, the cooling power and the coefficient of
performance are discussed and the possibility of using this is evaluated at sub-room temperature
(250-300) K.

2. MODELING THE ACTIVE MAGNETIC REGENERATOR
The thermo-physical characteristics of La0.6Ca0.4MnO3 around its curie temperature (260 K) and
water are assumed to be constants and were taken from previous works (Bohigas et al., 2000). They
are given in table 1. The mentioned MCE value (1.1 K) of La0.6Ca0.4MnO3 in Table 1 corresponds to
a magnetic field of 1 T that is easily accessible via permanent magnets.
Table 1: Geometrical and thermo-physical parameters of water and La0.6Ca0.4MnO3 used in
simulations. The thermal and physical properties were taken from (Bohigas et al., 2000).

Symbol
δ
L

l#$

Parameter (Unit)

Thickness (mm)
Length of the bed regenerator (mm)
Equivalent cell width of the regenerator
(mm)
Thermal conductivity (w/m.K)

Water
0.1
50
525

Value
La0.6Ca0.4MnO3
1
50
525

0.59

-

ρ

(

Volume density (kg/m )

1000

5940

C*

Specific heat (J/Kg.K)

4185

640

µ

Dynamic viscosity (Kg/m.s)

0.001

-

MCE

Magnetocaloric effect (K)

-

1.1

m t

Flow rate (ml/s)

3

-

λ

2.1 Description of the Regenerator and the Working Cycle

Figure 1: Parallel plates of MCM stacked in the regenerator. The MCM is in gray and the fluid
channels in blue

The considered regenerator in this study is shown in Figure 1. It is constituted of 18 parallel plates
of the magnetocaloric material La0.6Ca0.4MnO3 with 1 mm thickness, 50 mm length and 25 mm width
each. The plates are equidistant with an inter-space of about 0.1 mm while the water is used as a
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heat transfer fluid. The regenerator experiences several AMR cycles where each cycle breaks up
into four steps:
Isentropic magnetization of the magnetocaloric material.
Heat evacuation under constant applied magnetic field: heat transfer fluid flows from the cold side
to the hot side of the regenerator.
Isentropic demagnetization of the magnetocaloric material.
Fridges recuperation under zero magnetic field: heat transfer fluid flows from the hot side to the
cold side of the regenerator.
As the adiabatic temperature change of magnetocaloric materials (MCMs) is not enough to achieve
refrigeration, it is necessary that the regenerator experience several AMR cycles. Thus, the
temperature span between the hot and cold sources of the regenerator is continuously increased, to
finally reach a steady state in which:
|Tc0 −Tc023 | < 𝜀𝜀 = 0.00005 K
Tck – Tck-1 represents the difference between the reached cold temperature (Tc0 ) and the previous
cold temperature (Tc023 ).
2.2. Governing Equations
Based on the law of energy conservation, the main equations describing the heat transfer between
a solid material and a carrier fluid in 1D model are given by the following partial differential equations
(PDE):
∂
∂T6
∂T6
Eq. (1)
ρ6 c6
=
(λ6
) + Q ?@A + Q BC66 + Q DE
∂x
∂t
∂x
∂
∂TF
∂TF
∂TF
Eq. (2)
ρF cF
+ uH
=
(λF
) + Q BC66 − Q DE
∂x
∂t
∂x
∂x
where s and f subscripts are referred to the solid (MCM) and the fluid, respectively. t is time; x is a
spatial coordinate (0<x<L); Tf = TF (x, t) denotes the fluid temperature; Ts = T6 (x, t) is the regenerator
solid temperature; ρ6 is the mass density of the solid and ρF is the mass density of the fluid. The heat
capacity of the solid and the fluid are denoted by c6 andcF , respectively. λ6 is the thermal conductivity
of the solid and λF is the fluid thermal conductivity; uH is the velocity of the fluid; Q ?@A is the internal
heat generation term; Q BC66 represents the thermal losses; Q DE denotes the heat transfer flux
between the solid and the fluid in the bed regenerator.
The term Q ?@A in the Eq. (1) represent the internal heat flux generated during the interaction
between the magnetic field and the magnetocaloric material can be calculated by using the Eq. (3):
Q ?@A = ρ6 c*,6 H, T

∆TQR (H, T)
dt

Eq. (3)

Where c*,6 H, T and ∆TQR (H, T) represents the specific heat and the adiabatic temperature change
of the solid material, which depend on the applied magnetic field and temperature. These values can
be measured experimentally or calculated by using the mean field theory, (Balli et al., 2007) or by
using Monte carlo simulations as reported in (A. El Boukili et al., 2019). In this study the Q ?@A term
is implemented in the model by applying directly the adiabatic temperature change to the solid during
the processes of magnetization and demagnetization.
The term Q DE in the Eq. (1) and Eq. (2) represents the heat exchanges by convection between a
fluid in motion on a plate and this latter. It can be expressed by a convective heat transfer coefficient
h. The heat transfer rate Q DE can be expressed as:
Eq. (4)
Q DE = h A DE (T6 - TF )
where A DE is the wetted area per unit cell of the solid material. The convective heat transfer
coefficient is calculated according to the empirical Nusselt-Reynolds correlations corresponding to a
laminar flow.

3. RESULTS AND DISCUSSION
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The La0.6Ca0.4MnO3material is used as refrigerant while the heat transfer is carried out by using
water. A magnetic field of 1 T that can be produced by simply using permanent magnets is
considered in the calculations.
According to the results published in (Bohigas et al., 2000), the value of the specific heat for
La0.6Ca0.4MnO3 compound at 260 K is equal to 640 J/Kg K, and the density is equal to 5940 kg/m3.
These parameters for this magnetocaloric material have been implemented in 1D AMR-model, in
addition of others described in computational details section.
At the beginning the solid material plates and water are at (260 K), then the temperature of the hot
source increases while the temperature of the cold source decreases after each cycle to reach their
steady state after about 80 AMR cycles. It can be seen in Fig.2 that the maximum temperature span
(∆T6*QU = TDCV − T@CBR ) obtained by numerical simulations after 80 cycles is 11°C for La0.6Ca0.4MnO3
for a 1 T-AMR operating frequency of 0.5 Hz.
The temperature span shown in (Fig. 2) between the cold and hot sources, the cooling capacity (Fig.
4) and the coefficient of performance (Fig. 5) are crucial parameters for a thermodynamic evaluation
of magnetic refrigerators. (Fig. 3) shows several no-load temperature gradients that are induced in
the La0.6Ca0.4MnO3plates along the direction of the carrier fluid flow. It can be observed that initially
the solid is at the temperature (Ti = 260 K), then the thermal gradient increases gradually to reach
11 °C at the steady state after 80 cycles, for a Reynolds number Re equal to 8600.

Figure 2: Temperature span between hot and cold sides of the regenerator
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Figure 3:
between hot

the regenerator

Temperature span
and cold sides of

The cooling capacity𝑄X , is one of the cooling performance parameters of magnetocaloric devices,
defined as the quantity of heat transferred per unit of time from the cold side to the hot side, given
by the following Eq. (5).
1
QY =
τ

]

m t CF (TY − T x = L, t )dt

Eq. (5)

^

The coefficient of performance is calculated according to Eq. (6):
QY
COP =
(Q a − Q Y ) + w*cd*

Eq. (6)

Where,𝑄e is the rejected heat calculated by:
1
Qa =
𝜏

o

𝑚 𝑡 𝐶j (𝑇 𝑥 = 0, 𝑡 − 𝑇e )𝑑𝑡

Eq. (7)

m t Δp
ρF ζ

Eq. (8)

96 LF uy
ρ
Re F DD 2

Eq. (9)

^

W*cd* =
Where,
Δ* =

In the above equations, 𝜏 is the cycle time, 𝑊|}~| is the pumping power calculated using the
pressure drop and the mass flow rate, u is the velocity of the fluid.
Fig. 4 shows the temperature span ∆𝑇•|€• dependence of the cooling capacity evolution (𝑄X ) for the
La0.6Ca0.4MnO3 regenerator. The considered operating frequency is equal to 0.5 Hz, while the
thermal load applied in the cold source is Tc=255 K. High cooling power 𝑄X results in low temperature
spans. The maximum cooling power 𝑄X reached is 62 W for ∆𝑇•|€• = 0 K, while the device operating
at a ∆𝑇•|€•,~€‚ will not be able to support a heat load, the best performance was found for a fluid
flow of 3 ml/s and low operating frequency of 0.5 Hz. As shown in (Fig. 5) the (COP) coefficient of
performance obtained was around 0.5 at 10 K temperature span.
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Figure 4: Cooling power vs. temperature span

Figure 5: COP vs. temperature span
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4. CONCLUSIONS
In this paper, we have reported preliminary numerical simulations that discuss the thermodynamic
performance of a reciprocating magnetic cooling machine using La0.6Ca0.4MnO3 as the solid
refrigerant. We particularly found that the no load temperature span between the hot and cold ends
of the magnetocaloric devices is about 11°C for 0.1 mm thickness because it strongly depends on
the gap between the magnetocaloric material plates, the cooling capacity obtained is about 62 W,
and a coefficient of performance (COP) of about 0.5 at 10 K temperature span. What remains now
is to experimentally validate these obtained results. For this purpose, the development of a magnetic
cooling prototype is in progress and its experimental performance will be communicated in the future.
And to overcome the low value of MCE of these materials and achieve better performances, it is
necessary to combine different magnetocaloric materials with different values of Tc in the
regenerator in order to obtain a temperature span as large as possible.
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NOMENCLATURE
MR
AMR
AMRR
MCE
∆𝑇€ƒ
MCMs
∆𝑆
∆𝑇€ƒ
L, W, H
𝛿
F
𝜌
𝜗
µ
𝜆
Cp

Magnetic refrigeration
Active magnetic regenerator
Active magnetic regenerative refrigeration
Magnetocaloric effect
Adiabatic temperature (MCE) (K)
Magnetocaloric materials
Entropy change (J/Kg.K)
Adiabatic temperature change (K)
Regenerator / Lengh(m), width(m), high(m)
Canal or plate thickness(m)
AMR cycle Frequency (Hz)
Density (kg/𝑚 ( )
Velocity (m/s)
Dynamic viscosity (Kg/m.s])
Thermal conductivity (W/m.K)
Specific heat capacity (J/kg.K)

F
S
T
X
PDE
I
C
H
𝜀
T
𝑚(t)
Re
Nu
H
Dh
Pr

Fluid
Solid (MCM)
Time steps
Special nodes
partial differential equations
Special grid index
Cold source
Hot source
Porosity
Time (s)
Mass flow rate (kg/s)
Reynolds number
Nusselt number
Heat transfer coefficient (W/K.𝑚 y )
Hydraulic diameter
Prandtl number
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ABSTRACT
L’économie d’énergie, comme principale tendance des procédés scientifiques et techniques du
temps moderne, conduit à la création de nouveaux types d’équipements dans le domaine
énergétique. Les échangeurs de chaleur avec des mini-canaux sont les plus prometteurs pour le
domaine énergétique et la réfrigération grâce à leurs multiples avantages suivants: un coefficient
de transfert de chaleur élevé, une haute résistance à la corrosion, un faible volume de réfrigérant,
de petites dimensions et masses des échangeurs.
Cet article est consacré au développement d'une méthode intégrée de calcul des caractéristiques
thermo-hydrodynamiques des flux diphasiques prenant en compte la spécificité du flux. L'approche
proposée est basée sur la méthodologie de calcul de la teneur réelle volumétrique en vapeur et de
prévision des modes de flux diphasiques des réfrigérants. L’article présente des données
expérimentales sur la teneur réelle volumétrique en vapeur et une carte modifiée des modes de
flux des réfrigérants.
Mots-clés: Mini-Canaux, Fux Diphasiques, Thermo-Hydrodinamique Caractérisques, Réelle
Teneur Volumétrique en Vapeur, Modes de Flux, Carte du Mode de Flux.

1. INTRODUCTION
Selon les données de l'Institut International du Froid (IIF), la consommation totale énergétique des
équipements à basse température en 2016 représentait plus de 15% de la production mondiale.
D'ici 2025, il est prévu d'augmenter cette consommation énergétique à 25% quand bien même
l’économie de l’énergie demeure l'une des principales orientations du développement des
technologies modernes. D’où la nécessité de la création d'une nouvelle génération d'échangeurs
de chaleur pour les centrales énergétiques et les systèmes de réfrigération pour la résolution du
problème d’économie d'énergie et de la sécurité environnementale.
Aujourd’hui il est clairement établi que les tranferts de chaleur et les pertes de pression lors de
l'ébullition des réfrégérants ou des combustibles dans les échangeurs de chaleur, dépendent du
mode du flux des réfrégérants.
Il est nécésseraire de noter qu’actuellement, d’une manière générale, les technologies des minicanaux sont les plus prometteuses dans l’ingénierie des appareils à échange de chaleur. En
particulier, Shamirzaev (2007a), Shustov (2015a), Khovalyg et Baranenko (2015), Hrnjak et al.
(2002) et Kozuline et al. (2011) dans leurs recherchers ont mentioné que les échangeurs de
chaleur avec des mini-canaux commencent à être largement utilisés dans les nouveaux types de
chaudières à vapeur et de pompes à chaleur, dans les technologies de l'énergie hydrogène et
chimique, dans les équipements cryogéniques et de réfrigération, dans les systèmes
informatiques.
Malyshev et al. (2017a) ont écrit que le coefficient de transfert de chaleur dans les d'échangeurs
de chaleur avec des mini-canaux est 2 à 3 fois supérieur qu’à celui des appareils avec des canaux
ordinaires, et le volume du combustible utilisé est de 3 à 4 fois inférieur.
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Cependant, Khovalyg (2013a) a souligné que le calcul des caractéristiques thermohydrodynamiques des échangeurs de chaleur lors de l’ébullition du combustible dans les minicanaux pose un problème ouvert en physique thermique.
Le procédé le plus fiable dans l’élaboration d’une méthodologie de calcul des paramètres des
processus thermo-hydrodynamiques pour un canal restreint (y compris les mini-canaux) consiste à
établir la connexion entre ces processus et les modes du flux diphasiques en utilisant les réels
paramètres des phases.
Le but de notre travail consiste donc à élaborer un diagramme des modes des flux diphasiques
stationnaires dans les mini-canaux avec l’utilisation des réels paramètres des phases.

2. LE CONTENU
Shamirzaev (2007b), Malyshev and Azarkov (1982a), Khovalyg (2013b), Kuznetsov (2010) et
Malysevh et al. (2015a) ont proposé des méthodes pour le calcul des caractéristiques thermohydrodynamiques des canaux restreints, les tubes ordinaires, y compris les rainures.
Sur la base de l'analyse des approches appliquées par ces auteurs durant leurs travaux sur les
processus thermo-hydrodynamiques, nous estimons que la classification suivante des canaux peut
être utilisée: les mini-canaux sont des conduites de diamètre équivalent De ≤ 1,6 mm; les canaux
en forme de fente - De = 1,6 à 4 mm; les tubes ordinaires ou macro - De > 4 mm.
Les méthodes de calcul du transfert de chaleur et des pertes de pression dans les mini-canaux
sont décrites dans plusieurs ouvrages. En particulier Khovalyg (2013c) a proposé des équations
pour calculer les coefficients de transfert de chaleur et les pertes de pression pour deux modes
d'ébullition des fluides frigorigènes dans un mini-canal ayant un diamètre équivalent De = 0,56 mm
à des températures superieures à zéro, c’est à dire des températures positives, pour un intervalle
de teneur massique en vapeur: 0 ≤ X ≤ 0,9.
En règle générale, pour toutes les équations des sources ci-dessus, il convient de noter:
- l'utilisation des dépendances calculées est principalement limitée par les conditions des
expériences;
- il n'existe pas de méthodologie suffisamment fiable et physiquement solide pour prévoir les
modes de flux diphasiques comme Malyshev et al (2016a) l’ont signifié.
Afin de développer davantage la théorie hydrodynamique des flux diphasiques dans les conduites
et les tuyaux, les auteurs de cet article ont proposé une approche intégrée, qui a été décrite pour
la première fois par Malyshev (1982a). Ensuite, la méthodologie de l’ approche intégrée a été
développée et complétée par Malyshev et al (2015b), Malyshev et al (2016b) et Malyshev et al.
(2017b).
Cette méthode repose sur l'utilisation de la teneur réelle volumétrique ( ) en vapeur et des
vitesses massiques (G) réelles des phases dans le calcul du transfert de chaleur locale pour divers
modes de flux, et dans l’élaboration d'une carte de modes de flux.
Malyshev et al. (2017c) ont établi une dépendance pour le calcul de la teneur réelle volumétrique
en vapeur en tenant compte des données expérimentales de divers auteurs. La méthode de calcul
était basée sur la méthode utilisée par Malyshev (1982b) et Shustov (2015b) pour le traitement
des données lors de l’ébullition des réfrigérants dans des tubes horizontaux, aussi sur les résultats
des expériences concernant l’eau et la combinaison eau-air, dans des mini-canaux avec De = 1,6
mm.
Compte tenu des dispositions de similarité de la théorie de la thermodynamique, la méthode
proposée peut être utilisée dans les calculs pour le méthane et le propane.
Malyshev et Azarkov (1982b) dans leurs travaux ont tenu compte de la spécificité de l'ébullition
dans les mini-canaux à travers le critère de Fried Weber, qui inclut les forces de tension
superficielle, contrairement à l'ébullition dans les tubes ordinaires dans lequel les forces d'inertie
déterminent le glissement de phase.

Eq. (1)
Où
– critère de Fied Weber, - la masse volumique du fluide en kg·m-3,
- diamètre
équivalent du canal en m,
– la vitesse du fluide en m·s-1,
– les forces de tension
surpeficielle en N·m-1.
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En conséquence, la forme générale de la dépendance des paramètres sans dimension a acquis la
forme suivante, comme le soutiennent Malyshev et al. (2017d):

Eq. (2)
où:, Po la pression d’ébullition en Pa; Pkp - la pression critique d’ébullition en Pa, Recm- Nombre de
Reynolds, g - vitesse de la chute libre m·s-1, - la teneur volumétrique en vapeur, la teneur réelle
volumétrique en vapeur
Les résultats de calculs à l’aide l'Eq. (2) donnent un accord satisfaisant avec les données
expérimentales sur les mini-canaux de De = 1 à 1,6 mm.
Pour des modes de flux dans des mini-canaux d'un diamètre équivalent De < 1 mm, une étude
expérimentale supplémentaire est nécéssaire.
En utilisant l'Eq. (2), un diagramme modifié de mode de flux ( -Frcm (Critère Fruda)) a été élaboré.
Le diagramme est avec une précision satisfaisante et aussi prend en compte les données
d'ébullition de plusieurs réfrigérants, en particulier R134A et NH3 dans les tubes avec un diamètre
De > 5 mm, ainsi que les données de Khovalyg (2013d). Concernant le réfrigérant R134A, sachant
que dans un futur proche ou lointain son utilisation et sa production seront interdites, il est
important de noter que nous l’avions ulitisé juste pour nos premières expéricences car c’est la
première fois au monde d’une manière pratique grâce aux premiers résultats de nos travaux, nous
obtenons des données sur son ébullition avec une température en-desous de 0 oC dans canal
avec un diamètre équivalent De < 1 mm et une vitesse massique G ≥ 400 kg·s-1·m-2. Dans la suite
de nos travaux nous nous focaliserons sur les réfrigérants NH3 et le propane.
Notons que, selon les résultas des travaux de Khovalyg (2013e) un flux constant dans les minicanaux a lieu s’il se produit avec une vitesse massique G ≥ 160 kg·s-1·m-2, mais lorsque les
valeurs de la vitesse massique sont inférieures (G ≤ 160 kg·s-1·m-2), on observe l'invers du flux du
fluide, des pulsations et des instabilités hydrodynamiques.
D’où la pertinence de l’élaboration d’une nouvelle méthodologie intégrée d’analyse thermohydrodinamique des flux diphasiques des combustible pour les mini-canaux.
Les résultats des études expérimentales utilisés dans cet article ont été obtenus sur un stand de
laboratoire dont le schéma été présenté dans Malyshev et al. (2017).
Le bloc expérimental à été constitué avec un mini-canal vertical de diamètre équivalent De = 0,5
mm, et d'une plaque est en acier, et une autre plaque en verre, ce qui permet de réaliser des
observations visuelles et d'identifier les modes du flux du réfrigérant. À l'entrée et à la sortie du
bloc expérimental, sont installées des électro-vannes avec une grande vitesse de réaction
permettant de controler le débit du flux du réfrigérant.
Nos études expérimentales ont été éffectuées dans les conditions suivantes:

flux adiabatiques;

température de saturation: tst = -10 à +20 ° C;

vitesse massique G = 100 ÷ 500 kg·s-1·m-2

teneur massique en vapeur X = 0,1 à 0,9;
Au cours de nos études expérimentales, nous avions mesuré le débit du fluide, la vitesse du flux à
l'entrée du bloc expérimental, la quantité de vapeur condensée (vapeur qui a été générée dans le
générateur de vapeur et tranférée dans le bloc expérimental), la puissance du générateur de
vapeur, les pertes de pression lors du passage du flux diphasique dans le bloc expérimental, la
teneur réelle volumétrique (à l’aide de la méthode de coupure de débit).
Les résultats de nos études expérimentales sur la teneur réelle volumétrique en vapeur sont
présentés sur les Figs. 1 et 2. Sur Les mêmes figures nous avons aussi les résultats des calculs
l’aide de l'Eq. (2).
Les données présentées indiquent un accord satisfaisant entre les données expérimentales et
celles calculées avec l’Eq. (2), ce qui signifie qu’on recommande l’ utilisation de l'Eq. (2) pour
éffectuer les calculs des paramètres réels des fluides lors de leurs ébullitions dans les minicanaux.
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La teneur reélle volumétrique en
vapeur, 𝛗

La dépendence entre 𝛗 et X
1
0,9
0,8
0,7
0,6
0,5
0,4
0,3
0,2
0,1
0

Calcul
Exp.

0,549

0,716

0,89

0,967

0,991

La teneur en vapeur, Х
Figure 1 : Comparaison des données expérimentales (De = 0,5 mm, R134A et NH3, t = –8 ° C,
-1
-2
G = 450 kg·s ·m = const.), à celles calculées à l'aide de l’Eq. (2)

La téneur réelle volumétrique en
vapeur, 𝛗

La dépendence entre 𝛗 et X
1
0,9
0,8
0,7
0,6
0,5
0,4
0,3
0,2
0,1
0

Exp.
Calcul

0,651

0,67

0,945

0,978

0,985

La teneur en vapeur, Х
Figure 2: Comparaison des données expérimentales (De = 0,5 mm, R134A et NH3, t = +10 ° C,
-1
-2
G = 120 kg·s ·m = const.), à celles calculées à l'aide de l’Eq. (2)

L'identification des modes du flux diphasiques a été réalisée sur la base d'observations visuelles et
de photographies comme le montre la Fig. 3.
La caractéristique des modes observés est en accord qualitatif avec les résultats de Shamirzaev
(2007c) et Khovalyg (2013f).
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A

B

C
D
A- mode pétillant, B-mode de limace, C- mode transitif, D- mode circulaire

Figure 3 : Photograhpies des modes de flux lors de l’ébullition des réfrigérants R134A et NH3 dans
un mini-canal

Pour développer une méthode permettant de prédire les modes de flux des réfrigérants en
ébullition dans les mini-canaux, le diagramme modifié des modes de flux des résultats des travaux
de Malyshev et al (2016c) a été pris comme base.
Ce diagramme, est obtenu à l'aide des coordonnées -Frcm, les données expérimentales sur
l'ébullition de différents réfrigérants dans des tubes de diamètre De = 6 à 10 mm, ainsi que dans
des mini-canaux avec De = 0,56 à 1,6 mm, avec des vitesses massiques G ≤ kg·s-1·m-2. Ainsi au
cours de nos travaux, le diagramme de modes de flux de Malyshev et al (2016d) a été complété
par les résultats des nos études expérimentales obtenus avec des vitesses massiques comprises:
200 ≤ G ≤ 500 kg·s-1·m-2. Contre le montre la Fig.4.

I- mode de bulles, II-mode de limace, III- mode de vagues, IV- mode stratifié, V- mode transitif,
VI- mode circulaire

Figure 4 : Carte modifiée des modes de flux d'ébullition des réfrigérants (R134A et NH3) avec canal
-1
-2
de De = 0,5 ÷ 1,6 mm et G = 200 ÷ 500 kg·s ·m
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Dans le diagramme présenté, en comparaison avec le diagramme bien connu de Malyshev et al
(2016e) l’intervalle des valeurs du critère Fruda (Frcm) est étendu de 104 à 107, ce qui est plus
typique pour les flux stables dans les mini-canaux. Le nouveau diagramme modifié élaboré décrit
de manière satisfaisante les résultats de nos études expérimentales.

3. CONCLUSION
1) Aujourd’hui à l’aide de nos résultats obtenus, nous avons pu développer un modèle général de
flux des fluides pendant leurs ébullitions dans un canal restreint.
2) Les résultats de nos études expérimentales obtenus sur la teneur réelle volumétrique en vapeur
et les modes de flux diphasiques des réfrigérants pendant leurs ébullitions dans les mini-canaux,
permettront l’utilisation de la méthode intégrée précédemment développée pour les calculs des
paramètres des processus thermo-hydrodynamiques pour des conduites restreintes et aussi pour
la modélisation des processus similaires à ceux dans les mini-canaux.
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ABSTRACT
The current methods of heat exchange enhancement applying spraying dispersed liquids on the
heat exchange surface are characterized by low scattering on developed surfaces, on complex
geometry surfaces, and large size of liquid drops. The authors developed the method that allowed
obtaining electric hydraulic aerosols by means of electric hydraulic sprayers and intensifying heat
exchange in heat exchangers of refrigerating systems. It provides a regulated heat removal in a
wide range of heat flows rates.
Keywords: Heat Exchange Intensification, Heat Exchange Apparatuses, Hydraulic Aerosol, Electric
Hydraulic Aerosol, Electric Fields.

1. INTRODUCTION
Improving the technology of intensive refrigeration of different foodstuffs and semi-finished
products of vegetable and animal origin as well as perfection of industrial heat exchange
equipment is of great importance. For example, refrigeration of sausages by cooled water sprayed
after cooking used in domestic and foreign practice. Electric power loss in electricity network is
estimated about 10% of world consumption. The share of energy lost in heat exchangers
apparatuses, in refrigeration equipment are undoubtedly higher considering that the part of heat
exchange apparatuses in the total mass of a refrigerating machine is 70-80%. Power consumption
during a refrigerating machine operating to a considerable degree depends on the process
efficiency in heat exchange apparatuses. Efficiency enhancement of heat exchange apparatuses
supposes reducing dimensions provided that their thermal characteristics improve. The heat
transfer coefficient is the main parameter of heat exchanger efficiency. The coefficient consists of
the heat conductivity coefficient and the coefficients of heat emission of sides exchanging by
ambient heat. If the coefficient of heat conductivity depends on material of which a heat exchanger
is made, the coefficient of heat transfer depends on many factors and represents the main part of
thermal resistance of a heat exchanger. The increase of a cooling agent rate in a heat exchanger
allows increasing the heat transfer coefficient of a cooling agent and the heat transfer coefficient of
the apparatus. However, this increases losses due to increased pressure and power to the pump
drive, which increases energy consumption. It is evident that the problem is to enhance the heat
transfer by means of the least expenditure of energy.
All of the above is true not only for heat exchangers, but also for the cooling processes of food,
where the more necessary to focus on increasing the heat transfer coefficient, since in this case
we can not affect the thermal conductivity coefficient. Hydraulic aerosol evaporative refrigeration is
an effective method to enhance the heat transfer coefficient. On the one hand, the rate of
refrigeration increases as compared with air refrigeration at the expense of sprayed moisture
evaporation due to periodical spraying of the product by water. On the other hand, the product
does not absorb water thanks to air blow-off. In addition, the potable water consumption is
considerably lower than when only water is used for refrigeration.
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The method offered has an essential feature. The heat transfer coefficient varies considerably
during heat removal process. It is obvious that to increase the cooling rate it is necessary to put the
maximum amount of water on the surface to be cooled and at the same time to prevent the flow of
moisture from it, as well as to distribute the moisture evenly, which is provided by the appropriate
dispersion parameters. Currently such a method is applied at industrial enterprises. But it is difficult
to provide an even distribution of moisture using sprayers along all surface of the product. The
authors offer to form hydraulic electric aerosol media using electric fields and different forms of
electrical discharges that are used when developing aseptic refrigerators and other devices in the
frame work of the Project of the use of electrophysical methods in refrigeration engineering and
technology (Rogov et al., 1996).

2. HEAT TRANSFER IN HEAT EXCHANGERS OF REFRIGERATING SYSTEMS USING
ELECTRIC HYDRAULIC AEROSOLS
To investigate the process of application of hydraulic aerosols and hydraulic electric aerosols for
intensification of the heat exchange a test bench was developed. At the test bench electric
hydraulic aerosol media were obtained using specially adopted sprayers. Different additional
devices and controlling and measuring apparatuses to study dispersion processes and hydraulic
electric aerosols charging were developed too. The bloc diagram is given in Fig. 1.

Figure 1: Block diagram of the plant to study heat exchange intensification. 1 – test block; 2 – block
to maintain temperature and to supply coolant; 3- block of preparation and supply water-air mixture;
4 – controlling and measuring regulation block; 5 – lighting and stroboscopying control block

The test bench operates as follows: the refrigerant (coolant) at given temperature goes to the block
of water-air mixtures supply; here a hydraulic aerosol is formed by the sprayers; the aerosol drop
size depends on the operating regime of compressors and liquid rate. When a given structure of a
jet is obtained a high-voltage power pack is switched on; it consists of a generator generating
impulses in a large range of duration of amplitude and pulse ratio. The hydraulic aerosol is
supplied to the surface of the heat exchange apparatus and the block of measurements reflects the
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changes of thermal characteristics of the system. Fig. 2 illustrates the module of the movable
carriages of the test bench with dispensers that distribute hydraulic electric aerosols along the heat
exchanger surface. The liquid rate and the value of drop dispersion are controlled by the block of
preparation and supply of water-air mixture.

Figure 2: Module of movable carriages of the test bench with dispensers

Below the experimental variants of stable jets of dispersed liquid are presented. The next
characteristics of aerosols distribution in working volume were obtained depending on regimes of
liquid supply into the treatment zone. Fig. 3 shows the jet at maximal drop distribution on the
average dispersed medium about 7 μm.

Figure 3: Working jet at7 μm drop dispersion

Fig. 4 shows more detailed distribution of dispersed drops.

Figure 4: Liquid drop distribution in an average dispersed medium
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A stable jet in a high dispersed electric medium at maximal distribution of 2 μm is presented in Fig.
5. This dispersed medium is well distributed over the surface of the cooling devices; it is worth
noting that a significant part of it penetrates deep into the space between the lamellae.

Figure 5: Working jet at 2 μm drop dispersion

The drop distribution in a high dispersed medium is presented in Fig. 6.

Figure 6: Liquid drops distribution in a high dispersed electric medium

The use of highly dispersed media made it possible to obtain cooling regimes of the surface of heat
exchangers when the aerosol put on the surface by means of the movable carriage evaporates
immediately after the passing through the cooling zone. Such a regime provides a maximal heat
removal.

3. CONCLUSIONS
The test bench developed by the authors gave the possibility to realize the method of obtaining
high dispersed hydraulic electric aerosols that provided a high-performance regulated heat removal
in a large range of heat flows rates. Hydraulic electric aerosols with particles less than 1 μm were
obtained using electric hydraulic sprayers. As compared with well-known methods the use of
dispersed media increases the external heat transfer coefficient of heat exchangers by 20-50%.
The time of evaporation of the hydraulic electric aerosol from the surface of the heat exchange
apparatus decreases 2-3 times depending on working parameters of treatment. The water
discharge decreases by 30-50%. Heat removal increases 1.5-2 times.
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ABSTRACT
Transmission is the major contributor (> 50%) to the total cooling load for typical domestic
refrigerators. Understandably, insulation in refrigerator walls plays an important role in reducing it. In
the present work, a system level computer model of domestic refrigerator has been developed and
the effect of different insulation materials, with varying thickness, on the energy consumption, weight,
inner-volume and payback periods investigated. The insulation materials studied include
polyurethane (PU) foam and vacuum insulation panels (VIPs) made with fumed silica, glass fibre
and alternative core materials.
A fumed silica VIP insulated refrigerator is predicted to consume around 20% lesser energy over its
lifetime, yield 148 litres extra storage volume and offer a payback period of 3.2 years relative to PU
foam insulated refrigerator. Glass fibre VIP insulated refrigerator was found to have no payback
because of their increased thermal conductivity due to ageing.
Keywords: Vacuum Insulation Panels, Energy Efficiency, Insulation Comparison.

1. INTRODUCTION
Refrigeration consumes about 6% of the total energy generated in the world and accounts for about
14% of the total household energy consumption (Melo & Silva, 2010). More than 50% of the thermal
load in a refrigerator is caused by heat gain from the walls (ASHRAE, 2006). Insulation, thus have a
significant effect in reduction of overall energy consumption of a refrigerator. Due to its low thermal
conductivity, low cost and light weight, polyurethane foam (thermal conductivity = 21-25 mW∙m-1∙K 1) has been widely used as the insulation material for refrigerators since 1960s and till date it’s the
most popular insulation. Does that mean there isn’t much scope of improvement in insulation
materials?
Vacuum insulation panels (VIPs) can achieve a thermal conductivity as low as 3 mW∙m-1∙K -1(7 times
lower than PU foam) (Alam et al., 2011). VIPs are three phase systems comprising of an evacuated
core, mixed with additives such as getters and opacifiers, sealed in an envelope. The thermal
conductivity of a VIP depends upon a range of factors including materials, operating temperature,
sealing pressure etc.
VIPs are being identified as the potential next generation thermal insulation for various cold chain
equipment including refrigerators, freezers, vaccine boxes, reefer trucks etc. Thiessen et al. (2016)
reported a 21% reduction in energy consumption when 56% of the refrigerator area was covered
with glass fibre VIPs. Hammond et al. (2014) calculated a payback period of 9.7 years when it was
insulated with VIPs with thermal conductivity of 4 mW∙m-1∙K -1. Tao et al. (2004) reported an 11.1%
reduction in energy consumption by installing VIPs in side walls of a display case refrigerator. None
of the above study analysed the effect of ageing on thermal conductivity, which can significantly
change results.
In the present study, transmission load was calculated for refrigerators with various insulation
materials. A parametric analysis was performed to find the optimum thickness of fridge and freezer
insulation material with an objective to reduce the overall cost incurred during the lifetime of the
refrigerator. The different materials with optimum thickness were then compared on the bases of life
time energy consumption, insulation weight, inner volume and payback periods.
The rise in demand of VIPs have led the way to innovations in manufacturing. As of now, VIPs of
sizes as large as 1.2m x 1.8m and of various geometrical shapes, including cylindrical shapes are
available. In this study, it has been assumed that VIPs of any required size and shape to be fitted in
the walls of refrigerator are available.
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2. METHODOLOGY
2.1.

Geometry

A 450-litre bottom-freezer refrigerator geometry with dimensions 2150mm x 762mm x 610mm (H x
W x D) was modelled in COMSOL Multiphysics (Fig. 1). Rate of heat gain in the refrigerator was
numerically solved for using the heat transfer module. Convection boundary conditions (inside and
outside the refrigerator) were used as prescribed by ASHRAE guidelines (Table 1) (ASHRAE, 2006)
and the temperatures were in accordance with the study conducted by Biglia et al., (2018). The
geometry was meshed using custom mesh (element size: 172 mm to 8.6 mm) made of free
tetrahedral elements. Total number of mesh elements solved for was 1039660.
The refrigerator compartment was modelled as a three phase system consisting of an outer metal
shell, (0.5 mm thick), an inner plastic lining made of PVC (2 mm thick) and an insulation material
(variable thickness) sandwiched between the metal sheet and the plastic liner (Fig. 1(b)). Different
insulation materials (Table 2) were employed and their effects analysed based on energy and
physical change.

Figure 1: Refrigerator geometry a) full (semi-transparent) b) enlarged view of side
wall without the door
Table 1: Boundary conditions used in the computer model

Inner walls – fridge
Inner walls – freezer
Outer walls (excluding compressor)
Compressor walls
Evaporator wall
2.2.

Overall heat transfer coefficient
(W∙m-2∙K-1)
1.3
1.3
1.3
6
(Constant temperature)

Temperature (°C)
5
-20
25
30
-20

Materials

Four different insulation materials were studied for their effect on refrigerator performance (Table 2).
Rigid polyurethane foam (PU foam) is the most common insulation material for cold chain equipment.
Cyclo-pentane filled PU foam was used for this study. Vacuum insulation panels with cores made of
fumed silica and glass fibre are commonly available. Glass fibre VIPs offer low cost and excellent
initial thermal conductivity which rises rapidly with time; a major shortcoming that has hindered its
reliable market acceptability. On the other hand, fumed silica VIPs have lower density and a low
thermal conductivity, with a gradual increase over time. Due to cost and strength considerations,
fumed silica VIPs haven’t yet found much wide acceptability either. A large portion (around 60%) of
the total VIP cost is the material cost and thus it is safe to assume that volumetric cost of VIPs is
constant. A lot of research is focused on development of composite core materials to lower the
overall VIP cost and improve VIP strength (Singh et al., 2015), (Alam et al., 2014). An example is a
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composite core material formed with expanded perlite and polyester fibres developed by Alam et al.
(Alam et al., 2014) which resulted in a cost reduction of 20% of the core.
Table 2: Materials employed in the research

Insulation material

Identifier

PU Foam
Fumed silica VIP
Glass fibre VIP
Alternate core VIP

M1
M2
M3
M4

2.3.

Initial thermal
conductivity (W∙m-1∙K-1)
0.0215
0.0037
0.0029
0.0076

Density (kg∙m-3)

Cost (£∙m-3)

80
200
250
220

950
2390
1800
2000

Thickness of insulation materials

The rise in insulation thickness lowers the energy consumption due to decreased U-value but results
in higher initial equipment cost due to increased volume of insulation material being used. In order
to determine the optimum thickness of insulation materials, which offers both low energy
consumption and low initial cost, a parametric study was performed. The thickness of insulation
material in the fridge and freezer was independently varied in the range of 10 mm to 50 mm, keeping
the outer dimensions of the refrigerator constant and thermal transmission load with time was
evaluated at each step. The transmission load was converted to cumulative energy consumption
over the life time of 13 years and total cost of electricity (for 13 years) was calculated assuming a
constant rate of 0.125 £∙kWh-1 i.e. the present rate (UK Power, 2019). The energy consumption was
then converted to equivalent CO2 emissions for UK, considering an emission factor of 0.3072
kgCO2e∙kWh-1, including generation and transmission of electricity.
The data obtained was plotted in the form of 3D surfaces with the insulation thickness of fridge on xaxis, insulation thickness of freezer on y-axis and a cost function for resulting geometry on the zaxis. Cost function was defined as the sum of total electricity cost over the lifetime of refrigerator and
the initial insulation material cost. Cost of various insulation materials employed in the study are
given in Table 2. The point of minimum cost function was considered the optimum thickness of
insulation.
𝐶𝐹 = 𝐸𝐶 + 𝐼𝐶

Eq. (1)

where CF is cost function in £, EC is total electricity cost over the lifetime of refrigerator in £, and IC
is initial insulation material cost in £.
2.4.

Thermal Conductivity of Insulation Materials

Thermal conductivity of cyclo-pentane filled rigid
polyurethane foam is reported to be 0.0215 W∙m-1∙K-1.
Present blowing agents like cyclo-pentane (k = 12.8
W∙m-1∙K-1) and CO2 (k = 16.6 W∙m-1∙K-1) have higher
diffusion rates, as compared to CFCs (k = 8.2 W∙m-1∙K1), due to which they escape out of the foam pores and
are replaced by air (k = 0.027 W∙m-1∙K-1) (Macchi-Tejeda
et al., 2007). Researchers at Oak Ridge National
Laboratory claimed that the thermal conductivity of
cyclo-pentane filled PU foam increases from
0.0215W∙m-1∙K-1 to 0.027W∙m-1∙K-1 in first year and to
0.028W∙m-1∙K-1 gradually (Fig. 2) (Wilkes et al., 2002).
Figure 2: Aged thermal conductivity
The effect of ageing on the thermal conductivity of
of
PU foam for simulated refrigerator
Vacuum Insulation Panels is equally significant. It is well
wall. (Wilkes, et al., 2002)
known that the overall thermal conductivity follows an Scurve when plotted with pressure on x-axis in log scale (Fig. 3). The transmission of air and water
vapour inside the VIP core through envelope leads to rise in VIP pressure and thus a rise in overall
thermal conductivity. The transmission of these components depend on the pressure inside VIP, the
quality of the envelope and the area of VIP. In this study, an initial VIP pressure of 0.1 mbar has
been considered which rises in step of 1.5 mbars each year for all the VIPs and the variation of
thermal conductivity has been taken from Simmler et al. (2005) and Alam et al. (2014).
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2.5.

Payback Period

The per-unit cost of VIPs is more than two times the cost of PU foam. This gives a clear indication
that the initial cost of VIP insulated refrigerator will be higher than present PU foam ones. On the
other hand, the VIP insulated refrigerators are expected to save on cost of electricity due to lower
energy consumption. Based on this information and the data obtained from heat transfer simulations,
a payback period was defined as the number of years it requires to break-even the cost if one buys
a VIP insulated refrigerator instead of PU foam one. The payback period is identified as the point

Figure 3: Variation of thermal conductivity of
various core materials with pressure (Simmler,
et al., 2005)

Figure 4: Variation of thermal
conductivity of alternative core material
with pressure. (Alam, et al., 2014)

where the cumulative electricity cost difference line (delta EC) intersects the increased cost line
(delta IC).

3. RESULTS AND DISCUSSIONS
The parametric study for thickness optimisation resulted in set of values plotted as 3D surfaces (Figs.
5a-5d). The x and y-coordinate was the fridge and freezer thickness respectively and the zcoordinate was the cost function (Eq. 1). The minima on the surface was chosen as the optimum
value for fridge and freezer thickness (see Table 3). It can be observed that optimum thickness for
VIPs is lower than PU foam insulation which is due to low thermal performance and lower cost of PU
foam. Also, the optimum thickness of freezer insulation is always higher than the fridge insulation
because more heat is transferred to freezer due to large temperature difference between freezer and
ambient temperature (around 45°C).
An analysis was then performed on the insulation with optimised thicknesses (Table 3). It was
observed that fumed silica VIP offered the minimum energy consumption over lifetime (19.6% lesser
than PU foam insulated refrigerator), results in the least value for cost function (£ 626.32) and the
highest inner volume (598 litres; 148 litres more than PU foam insulated), because of its lowest
optimum thicknesses. A weight gain of 2.48 kg from PU foam refrigerator was observed due to higher
density of fumed silica VIP (2.5 times PU foam). Glass fibre, being the densest (250 kg∙m-3), resulted
a)

b)
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a weight increase of 19.56 kg. Also, due to its ageing characteristics, its energy consumption
increases, leading to higher value of cost function.
d)
c)

Figure 5: Parametric thickness optimisation surface for a) PU foam; b) fumed silica VIP; c) glass
fibre VIP; d) alternate core VIP
Table 3: Optimised thickness of insulation materials and its relative effects

M1
M2
M3
M4

Fridge
insulation
thickness
(tfridge)
30
10
15
15

Freezer
insulation
thickness
(tfreezer)
50
20
40
40

Lifetime energy
consumption
{% change}
(kWh)
3802.72 {0}
3057.62 {19.6}
4418.38 {-16.2}
3405.41 {10.4}

Cost
function
(£)

CO2e
emissions
(kg)

Weight of
insulation
(kg)

Inner
volume
(l)

715.14
626.32
871.14
779.94

1168.2
939.3
1357.3
1046.1

24.72
27.2
44.28
38.96

450
598
527
527

The transmission load for fridge and freezer at the end of each year of its lifetime is shown in Fig. 6
and 7. Surprisingly, at the optimised thickness, the energy consumption of fridge is minimum when
it is insulated with PU foam, whereas the effect is fully reversed in freezers. This indicates that the
marginal rate of return on insulating a freezer with a VIP is more than insulating a fridge.
The effect of ageing can be well observed in all the materials. Out of all materials, glass fibre VIPs
are worst hit by ageing. The freezer transmission load for glass fibre VIP loses its VIP characteristics
(low transmission load) just after 2 years and even surpasses PU foam in 8 years.

Figure 6: Yearly transmission load from
a fridge

Figure 7: Yearly transmission load from
a freezer

The payback period was calculated as the abscissa of the intersection point of increase in insulation
material cost (delta IC) with respect to PU foam insulation and the cumulative gain because of
reduced electricity bills (delta EC). The fumed silica VIP broke even in 3.2 years, because of excellent
thermal and ageing properties of fumed silica (Fig. 8). A significantly higher payback period of 8-9
years is reported in literature (Hammond & Evans, 2014), the discrepancy being the underlying
assumptions. In this study, the authors believe that VIPs of any size and shape could be
manufactured in near future, which lowers the heat leakage from areas without VIPs. Also, the
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consideration of effect of ageing of foam plays its role in terms of increased energy cost over the life
time of refrigerator and decreased payback.

Figure 8: Payback period calculation
for fumed silica VIP

Figure 9: Payback period calculation
for glass fibre VIP

The VIP with glass fibre core performed very well
in the first year but its performance deteriorated as
it aged (Fig. 9). This is because the thermal
conductivity of glass fibre is very low initially (0.002
W∙m-1∙K-1) but rises rapidly as the pressure inside
the VIP increases and eventually becomes higher
than that of PU foam. The alternate core VIP
doesn’t break even either, even after reduced initial
cost (Fig. 10). The reduced cost is achieved by
addition of components which increase the overall
thermal conductivity of VIP cores. This leads to two
outcomes: i) usage of higher thickness of VIPs for
insulation which leads to increased initial cost and
ii) higher overall aged thermal conductivity.

Figure 10: Payback period calculation
for alternate core VIP

4. CONCLUSIONS AND FUTURE WORKS
Four different insulation materials were compared for their thermal, physical and economic
performance by computer modelling, starting with identification of their optimum thicknesses
independently for fridge and freezer to reduce the initial and operational costs through a parametric
study. The results were analysed to compare three different VIP and PU foam on the basis of their
transmission gain, carbon footprint over the lifetime and the payback period. Results indicated that
a fridge insulated with 10mm thick and the freezer with 20mm thick fumed silica VIP reduced the
energy consumption by 19.6% while increasing the inner volume by 148 litres and weight by 2.48 kg
when compared with PU foam insulated refrigerator.
This study serves as a motivation for VIP manufacturers to make VIPs in various shapes and sizes
to be fitted in refrigerators. Research is needed into new alternative materials for cores which could
lower the VIP cost by 50%; into heat transfer phenomena through VIPs and the various material
properties affecting it and into low permeating and low conducting envelopes so that glass fibre cores
can be fully exploited. Both, policy makers and industry should promote research in this field.
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ABSTRACT
Two-phase flow boiling of propane has been characterized utilizing an experimental test facility. The
effect of heat flux, mass flux and saturation temperature were studied on the heat transfer coefficient
and pressure drop. Test conditions were mass flux from 250 to 525 kg.m-2.s-1, saturation temperature
from -0.5°C to 9.5°C, heat flux from 16 to 61 kW.m-2. A smooth copper tube with internal diameter of
4.1 mm and test section length of 0.5 m was used. Experimental results show an increase of heat
transfer coefficient and pressured drop with mass flux, heat flux and vapor quality before dryout.
Correlations were able to predict pressure drop accurately while heat transfer coefficient was under
predicted.
Keywords: Propane, R-290, Hydrocarbon, Flow Boiling, Heat Transfer, Pressure Drop.

1. INTRODUCTION
Recent awareness of the global warming and introduction of new regulations have fueled a search
for a new generation of working fluids, with a goal of an environmentally friendly fluid enjoying zero
ozone depletion potential (ODP) and low global warming potential (GWP), all while improving
efficiency of the system.
Propane has long been considered as an alternative refrigerant, since it has a favorable saturation
curve suitable for different applications. Moreover, its physical properties are close to those of R-22
making it a suitable candidate for a charge switch without significant variation in the performance
(Granryd, 2001). This combines with a modest environmental impact, as ODP is zero and GWP is
smaller than 3 over 100 years; for comparison GWP for R-134a is 1300 (Bolaji and Huan, 2013).
However, the major concern with the use of hydrocarbons as refrigerants remains to be flammability,
in particular as the lower flammability limit (LFL) is very low (Granryd, 2001). Therefore, charge
minimization is a major design objective for widespread usage of hydrocarbons as refrigerants.
Theoretically the charge for propane can be half compared to R-134a (latent heat of vaporization is
almost double) Nonetheless, the heat transfer performance has to be carefully investigated,
especially in the case of small diameter pipes, since the literature is relatively lacking general
predicting approaches.
(Thome et al., 2008) reviewed the available data for the flow boiling of ammonia and hydrocarbons,
noting that the results between different studies show noticeable discrepancies and further work is
needed for the small diameter tubes. (Lee et al., 2005) compared the characteristics of evaporation
of different hydrocarbons and compared them to R-22 in 9.52 and 12.70 mm internal diameter
smooth tubes, they found that hydrocarbons have a higher heat transfer coefficient and pressure
drop compared to R-22, furthermore, (Kandlikar, 1990) best predicted the heat transfer coefficient
data. (Wang et al., 2014) studied the evaporation of propane with low mass fluxes (from 62 to 104
kg.m-2.s-1) in a 6.0 mm internal diameter pipe. comparing the results with correlation they found that
correlation of (Liu and Winterton, 1991) best predicted the heat transfer coefficient while (MüllerSteinhagen and Heck 1986) best predicted the pressure drop. (Shin et al., 1997) performed tests
with propane, butane and different mixtures of them and compared them to R-22, R-32, R-134a in a
7.7 mm inner diameter test tube. The authors observed that their data on heat transfer coefficients
were over-predicted by the correlation of (Gungor and Winterton, 1986).
While the majority of the studies seem to focus on tube diameter sizes larger than the one studied
in this paper, there has been several studies in recent years dealing with characteristics of
hydrocarbons flowing in smaller diameter. (Pamitran et al., 2010) examined the heat transfer
coefficient of propane in stainless steel tubes of 1.5 and 3.0 mm inner diameter, based on the results
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a correlation was developed for prediction of heat transfer coefficient. (Wen and Ho, 2005) conducted
experiments with propane, butane and a mixture of them in a 2.6 mm internal diameter test tube, the
results showed that the heat transfer was significantly higher compared to R-134a, furthermore, while
test conditions were similar to (Shin et al., 1997) with the only major difference being the tube
diameter, the results were noticeably dissimilar. More recently (Lillo et al., 2018) studied the flow
boiling of propane in 6 mm internal diameter tube at high saturation temperatures, they noted that
the main heat transfer mechanism seems to be nucleation, correlations of (Bertsch et al., 2009) and
(Friedel, 1979) best predicted heat transfer coefficient and pressure drop. (Longo et al., 2017)
compared evaporation of R-290 and R-1270 with R-404a in small diameter tube showing R-404a
and R-1270 exhibit the highest heat transfer coefficient and lowest pressure drop while R-290 suffers
from a particularly low dryout quality which is in disagreement with the results from (Lillo et al., 2018)
In spite of relative abundance of studies and experiments, the results seem to be conflicting and the
available data do not cover the full range of operating conditions for HVAC and process industry.
This is the motivation of this work, where flow boiling of propane was experimentally studied. Test
conditions were: mass flux from 250 to 525 kg.m-2.s-1, saturation temperature from -0.5 to 9.5°C,
heat flux from 15.66 to 61.12 kW.m-2. The test tube is made of smooth copper with an internal
diameter of 4.1 mm and test section length was 0.5 m.

2. EXPERIMENTAL SETUP
An experimental test rig, shown in Fig. 1, was used to determine the pressure drop and heat transfer
coefficient in different conditions. The test rig was rebuilt based on an existing setup and modified to
achieve the accuracy required and to improve the operating range. A data logger system is installed
on the set-up and connected to a personal computer for system control and data acquisition.

Figure 1: Test rig schematic

Propane flows in a closed cycle by a pump controlled with an inverter. The mass flow is measured
with a Coriolis type mass flow meter placed after the pump. A sight glass is placed downstream of
the flow meter enabling visual confirmation of single phase liquid flow. Then, the propane flows
through the preheater, where the desired vapor quality is set with electrical heating. After an
adiabatic section to ensure fully developed conditions, propane flows through the test section, where
electrical heating provides the desired vapor quality variation. Electrical heat input is controlled with
a thyristor and the resistor is wound around a copper block to distribute the heat evenly along the
test section. Pressure drop values are read directly from the differential pressure transducer
connected to inlet and outlet of the test section, while the wall temperature was measured with two
pairs of Type T thermocouples soldered to the tube wall, each inserted 10 cm in the inlet and outlet
of the test section, shown T4, T5, T6 and T7 in Fig. 1. At the outlet of the test section, a sight glass
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enables visualizing the flow regime. Finally, propane flows through the condenser, and returns to the
receiver.
Heat transfer coefficients were calculated using Eq. (1) for the inlet and outlet separately and
averaged.
ℎ=

𝑄𝑡𝑒𝑠𝑡

Eq. (1)

𝑠 (𝑇𝑤 −𝑇𝑠𝑎𝑡 )

Where Tw is the wall temperature, 𝑄𝑡𝑒𝑠𝑡 is the heat input to the test section and 𝑠 is the surface area
for heat transfer. Saturation temperature are obtained indirectly from pressure sensors installed
before and after the test section (P2 and P3 in Fig. 1), while thermodynamic properties of the fluid
are acquired from REFPROP V9.1, developed by NIST.
The values of the heat transfer coefficient and pressure drop are reported for an average value of
vapor quality calculated using the Eq. 2:

x = xinlet +

Δx
2

=

𝑄𝑝𝑟𝑒 −Cp,l .𝑚(𝑇1−𝑇𝑠𝑎𝑡,𝑙)
𝑚.ilg@P1

+ 2.𝑚.(i

𝑄𝑡𝑒𝑠𝑡

Eq. (2)

sat,g@P3 −isat,l@P2 )

Where 𝑄𝑝𝑟𝑒 is the heat input to the preheating section of the test rig.
2.1.

Uncertainty Analysis

The method elaborated in (ISO, 1993) was used to obtain the uncertainty of measurements with a
confidence level of 95%. Uncertainties of measurement equipment reported by the manufacturer is
shown in Table 1.
Table 1. List of instruments and their uncertainties
Displayed text
Range
Uncertainty
Flow meter

0.038-5 kg/min

±0.1% (Of reading)

P1,2,3

0-10 Bar

±0.25% (Of full scale)

dP

0-0.5 Bar

±0.15% (Of full scale)

Thermocouples

±0.05 K

Qpre heater

3450 W

±3% (Of reading)

Qtest section

620 W

±3% (Of reading)

The maximum total uncertainty (random and systematic) was in average 3.9% and 8.4% for pressure
drop and heat transfer coefficient, respectively. It should be noted that because of fluctuations in
data uncertainties were significantly higher near dry out region, reaching values up to 6.9% and
23.7%, for pressure drop and heat transfer coefficient, respectively. To validate the test facility, the
preheater was set to provide enough heat for complete flow vaporization and multiple test were run.
Furthermore, the test section was disconnected from the rest of test rig and water was used as a
single phase liquid flow. The data obtained for pressure drop and heat transfer coefficient in both
cases were compared against Darcy Weisbach formula and correlation of (Gnielinski, 1975),
showing an average deviation of 2.3% and 3.5% for pressure drop and heat transfer coefficient
respectively.

3. RESULTS AND DISCUSSION
3.1.

Pressure Drop

Total pressure drop (accelerational and frictional pressure drop) and the effect of heat flux on it is
shown in Fig. 2. The pressure drop increases with increasing heat flux for all the range of vapor
qualities. This can be explained by the increased vaporization, causing a higher void fraction and a
higher gas velocity. Higher vaporization can also change flow pattern, creating bubbles and leading
to a slug flow, further increasing the pressure drop. It is also worth noting that the results seems to
show that dryout quality happens at rather high vapor quality which is in disagreement with (Longo
et al., 2017).
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Figure 2: Effect of heat flux on total pressure drop, at constant mass flux and saturation temperature

Fig. 3 shows the effect of saturation temperature on pressure drop, there is a noticeable increase in
the pressure drop with lowering temperatures as pressure drop for saturation temperature of -0.44°C
is about 1.25 times greater than at saturation temperature of 9.59 °C.
The effect of mass flux on total pressure drop is shown in Fig. 4. As expected the total pressure drop
is strongly dependent on mass flux.
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Figure 3: Effect of saturation temperature on total pressure drop, at constant mass flux and heat flux.
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Figure 4: Effect of mass flux on total pressure drop, at constant mass flux.
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3.2.

Heat Transfer Coefficients

Fig. 5 shows the effect of mass flux on heat transfer coefficients. The dryout quality seems weakly
dependent on mass flux, with a tendency to increase as the mass flux lowers. The heat transfer
coefficient increases significantly in higher vapor qualities before dryout specially in higher mass
fluxes, this implies the importance of convection as mechanism of heat transfer which is in contrast
to findings of (Lillo et al., 2018) and (Longo et al., 2017).
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Figure 5: Effect of mass flux on pressure drop, at constant heat flux

Fig. 6 shows the effect of heat flux on the heat transfer coefficient. Heat transfer coefficient rises with
the increase of the heat flux in the low vapor quality region. This can be explained by the fact that
low vapor quality region is boiling dominant, hence the heat transfer coefficient is essentially related
to the heat flux. Furthermore, at higher heat fluxes dryout is initiated at lower qualities.
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Figure 6: Effect of heat flux on heat transfer coefficient, at constant mass flux and saturation
temperature.

Results show that for increasing saturation temperatures the heat transfer coefficient increases, but
very often this difference lies within the uncertainty of the heat transfer coefficient measurement,
eventually, a clear effect of the saturation temperature has not been put in evidence.
3.3.

Prediction Methods

To evaluate the discrepancy between experimental data and correlations, three different statistical
parameters were considered: MARD (Mean Absolute Relative Deviation), MRD (Mean Relative
Deviation), and 𝜆30%. They are defined as:
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𝑀𝑅𝐷 =

Σ(e−E)
𝐸

𝑛

Eq.(3)

∗ 100

Eq.(4)

Σ|(e − E)|
𝐸
𝑀𝐴𝑅𝐷 =
∗ 100
𝑛
𝜆30% =

𝑛𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑝𝑟𝑒𝑑𝑖𝑐𝑡𝑒𝑑 𝑣𝑎𝑙𝑢𝑒𝑠 𝑤𝑖𝑡ℎ 𝑀𝑅𝐷<30%
𝑡𝑜𝑡𝑎𝑙 𝑛𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑝𝑟𝑒𝑑𝑖𝑐𝑡𝑒𝑑 𝑣𝑎𝑙𝑢𝑒𝑠

∗ 100

Eq.(5)

Where E is the experimental results and e is the predicted value. The experimental results for
pressure drop were compared with correlations of (Friedel, 1979; Müller-Steinhagen and Heck, 1986;
Tran et al., 2000; Cavallini et al., 2002; Sun and Mishima, 2008; Pamitran et al., 2010; Xu and Fang,
2012). The results show that the correlation of (Xu and Fang, 2012) has the best agreement with the
experimental data with an MRD of 2.6%, while the MARD was 6.1% and the correlation was able to
predict 96% of data points with less than 20% error.
Heat transfer coefficients calculated in this study were compared against correlations of (Shah, 1982;
Gungor and Winterton, 1986; Kandlikar, 1990; Liu and Winterton, 1991; Tran et al., 1996; Choi et
al., 2007; Bertsch et al., 2009; Li and Wu, 2010; Kim and Mudawar, 2014). The conclusion from this
comparison is that the correlations by (Gungor and Winterton, 1986; Kandlikar, 1990; Liu and
Winterton, 1991) conform best with the experimental results. However, most of this discrepancy
between experimental results and correlations comes from the post dryout data points. If these data
points were not to be considered (10 points), MARD values would improve significantly. The results
of the comparison are summarized in
Table 2.
Table 2. Deviation between the experimental heat transfer coefficients and correlations

All data points
Pre-Dryout
(Liu and
(Kandlikar, (Gungor and
(Liu and (Kandlikar, (Gungor and
Winterton,
1990)
Winterton,
Winterton,
1990)
Winterton,
1991)
1986)
1991)
1986)
MRD
-6.52
-13.87
-11.64
MRD
-22.52
-22.58
-17.47
MARD
40.69
36.43
32.11
MARD
22.70
22.70
20.15
λ30%
61.04
58.44
63.64
λ30%
83.08
75.38
75.38
This comparison shows that the correlations tend to under predict the experimental data of this study
in pre dryout range, this is in agreement with the results of (Lillo et al., 2018). It can be concluded
that the correlations available in literature provide a good prediction for pressure drop in evaporating
flow assuming that proper attention is given to the defining characteristics of test. However, while
there are many different correlations available for prediction of heat transfer coefficients, the results
from these correlations seem to be wildly different and this should be noted carefully in design of any
system.

4. CONCLUSIONS
Two-phase pressure drop and heat transfer characteristics during flow boiling of propane in different
experimental conditions were studied. Test conditions were mass flux from 250 to 525 kg.m-2.s-1,
saturation temperature from -0.5 to 9.5 °C, heat flux from 16 to 61 kW.m-2 corresponding to vapor
quality variation Δ𝑥 =0.1-0.4. A smooth copper test tube with an internal diameter of 4.1 mm was
used and test section length was equal to 0.5 m. Mean vapor quality was between 0.2 and 1.0. From
the analysis of the experimental data, the following conclusions can be drawn:
 An increase in heat flux and mass flux causes an increase of the heat transfer coefficient.
The influence of the heat flux is more prominent at low vapor quality where the heat transfer
regime is boiling dominated, while the effect of the mass flux is more significant at high vapor
quality where the heat transfer regime is mainly convection dominated.
 Both mass flux and heat flux increase the pressure drop in the whole range of tested vapor
quality. However, the effect of heat flux is relatively minor compared to the influence of mass
flux.
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Saturation temperature has a tangible effect on the pressure drop. The decrease of saturation
temperature causes an increase in the pressure drop; the effect of saturation temperature on
heat transfer coefficient seems to be marginal.
Correlation of (Xu and Fang, 2012) is the most accurate for prediction of frictional pressure
drop with the ability of predicting more than 96 percent of data points with less than 20%
error.
Correlation of (Gungor and Winterton, 1986) is the most accurate in prediction of heat
transfer coefficient, even though it tends to under predict the experimental results much like
other heat transfer coefficient correlations.
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NOMENCLATURE
p
T
G
m
Q
Sat
g

Pressure (kPa)
Temperature (°C)
Mass flux (kg.m-2.s-1)
Mass flow (kg.s-1)
Heat Input (kW)
Subscripts:
Saturated flow
Gas phase

ilg
Tw
q”
x
s

Enthalpy of evaporation (kJ.kg-1)
Temperature of wall (°C)
Heat flux (kW.m-2)
Average vapor quality (-)
Surface of the heated test section (m2)

l

Liquid phase
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ABSTRACT
The variations in limiting pressure and efficiency of supersonic ejectors when droplets are injected
in the vapour core before the diffuser were assessed numerically. Results of a CFD and a
thermodynamic model were used for a combined global and local perspective. In comparison with
experimental data of a R134a ejector under typical refrigeration conditions, the CFD model predicts
the double-choke entrainment ratio with an accuracy of 5% and the thermodynamic model has a
deviation of about 18% (Resp. 2.5%) in terms of double-choke entrainment ratio (Resp. limiting
pressure). Both models are in excellent agreement in terms of pressure, Mach number and
temperature internal profiles. Results show that, for an injection fraction of 10%, the peak pressure
in the shock train is reduced by 31%. Nonetheless, the net effect is a reduction of the exergy
contained in the main gas as other factors (e.g.: lower main gas temperature) are introduced.
Keyword: Refrigeration, Supersonic Ejector, Exergy, Energy Efficiency, CFD.

1.

INTRODUCTION

Ejector based refrigeration systems have risen a lot of interest in recent years, given their potential
for a higher COP and lower environmental footprint over the standard cycles (Besagni et al., 2016).
The central component in these systems is the supersonic ejector, which uses the thermal energy
of a primary flow to entrain and compress a secondary flow. The mixture usually occurs at supersonic
conditions and, after a series of shocks, is compressed in a diffuser to the outlet pressure. They are
known for their simple operation, low operational costs and maintenance requirements, as well as
the capacity to work in single- and two-phase conditions (Chunnanond and Aphornratana, 2004). In
most ejector based refrigeration systems, this device is used to substitute the compressor or recover
the exergy usually lost across the throttling stage (Lawrence and Elbel, 2015). Thus, the
cycle performance is linked to that of the supersonic ejector, usually represented by the entrainment
and compression ratios, respectively, the ratios of secondary to primary mass flow rates and outlet
to secondary inlet static pressures. Many studies have been carried out in the last decade, with the
objective of improving the ejector performance. The reader is referred for example to the review of
Besagni et al. (2016). Hence, there is a general understanding of the behaviour of ejectors and the
influence of the geometry and operating conditions on its performance. With objective of making
ejector based cycles more competitive, attention now has focused on specific issues, one of which
is the injection of droplets in gas supersonic ejectors. Al-Ansary and Jeter (2004) proposed that
droplets injected with the primary flow may reduce the velocity mismatch in the mixing region. They
tested this assumption on an air ejector and did not find any noticeable changes in the double-choke
region, i.e. when both inlet flows are sonic throughout and the mass flow rates are independent of
the outlet conditions. In single-choke, the secondary mass flow rate increased up to 98% for inlet air
humidity between 4.3% and 11.2%. The same behaviour was observed on a similar installation when
the primary inlet air humidity was 1% (Hemidi et al., 2009). It should be noted that in both cases the
ejector was installed as an independent unit and the air-water fluid pair is uncommon for refrigeration
systems. Little and Garimella (2016) applied a similar approach on an R134a ejector and observed
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a reduction of 8% in entrainment ratio with the increase of motive inlet vapor fraction. An alternative
location for droplet injection is the constant area section (CAS). In this position, the objective is to
reduce the intensity of the shock train occurring at the start of the diffuser, which has been pointed
out (identified?) as a major source of exergy losses (Banasiak et al., 2014). At the contact with a
shock wave, droplets deform and break up, cooling the carrier gas and reducing its velocity, thus
mitigating the passing shock wave (Jourdan et al., 2010). A recent thermodynamic model by Croquer
et al., 2017 studied this phenomenon in the context of an R134a ejector for droplet injection fractions
of up to 10%. Although the pressure jump across the shock was reduced by 8%, the limiting doublechoke pressure (the maximum compression ratio in double-choke regime) and the exergy efficiency
were reduced by, respectively, 5% and 15%. Nonetheless, given the global character of the model,
no reasons are given for this behaviour. This study presents a RANS model using the EulerianLagrangian approach to provide further insight on the changes in the ejector main flow structure as
droplets are injected in the CAS.

2.

NUMERICAL MODELING

2.1. Baseline Conditions
Four cases are compared in this study, the baseline case (no droplet injection) and three injected
mass fractions of 1%, 5% and 10% relative to the primary mass flow rate. The baseline case data
are extracted from the experimental work of García del Valle et al. (2014), who analyzed the global
performance of three R134a ejector designs at typical refrigeration conditions. The study provides
great detail about the geometry and uses operating conditions which ensure single-phase gas flow
throughout the device. Case A, with a straight mixing section design, was chosen in this study. A
schematic view of the ejector geometry and its dimensions are given in Figure 1 and Table 1,
respectively. Across all cases, the ejector operating conditions were as shown in Table 2.
Droplet Injection

Secondary
Inlet
Primary
Inlet

Outlet

nd

D
NXP

de

Shock

Constant Area Section (CAS)

Diffuser

Figure 1: Schematic geometry of the ejector.
Table 1: Ejector main dimensions

Parameter
Primary Nozzle Throat Diameter, nd (mm)
Primary Nozzle Exit Diameter, d (mm)
Nozzle Exit Position, NXP (mm)
Mixing Chamber Diameter, D (mm)
Constant Area Section Length, LCAS (mm)
Diffuser Exit Diameter, de (mm)

Table 2: Ejector Operating Conditions.

Parameter
Primary inlet total pressure (kPa)
Primary inlet total temperature (ºC)
Secondary inlet total pressure (kPa)
Secondary inlet total temperature (ºC)
Outlet static pressure (kPa)
Experimental double-choke entrainment ratio (-)
Experimental maximal compression ratio (-)

Value
2.00
3.00
-5.38
4.80
41.39
20.00
Value
2888.83
94.39
414.61
20.00
826.57
0.398
1.994
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Droplet effects are numerically assessed by considering their injection at halfway through the CAS.
This ensures that they are inserted before the start of the shock train (as observed in the baseline
case) while minimizing disruptions to the mixing shear layer. Droplets are injected in a direction
normal to the ejector axis, with an injection diameter of 0.5mm and a temperature of -13ºC. The
injection temperature was chosen to avoid vapor phase at the average pressure observed in the
CAS in the baseline case.
2.2.

Numerical Model

The local effects of droplet injection into the ejector flow field were studied using an EulerianLagrangian approach. The continuous phase (main gas flow) was modeled as a 2D axisymmetric
and compressible flow, with the numerical setup based on a previous RANS benchmark study
(Croquer et al., 2016). The droplets, which conform the discrete phase, are considered as spherical
particles with two-way momentum and thermal energy coupling.
2.2.1

Main gas (continuous phase)

The main gas flow is computed using an Eulerian approach, wherein the flow variables are
determined by numerically solving the conservation equations for mass, momentum and total energy
over the computational domain, which comprehends (covers?) half of the ejector geometry shown
in Figure 1, with a symmetry condition imposed along the axial centerline. For spatial discretization,
a mesh conformed by 645000 tetrahedral elements was used, with local size refining in the shear
layer, near walls and shock train regions. In particular, a logarithmic grow function was imposed on
the first 20 wall adjacent layers in order to accurately capture the boundary layer profiles. The
average dimensionless wall coordinate is 0.79. For all cases, total pressure and total temperature
were prescribed at the inlets, static pressure was imposed at the outlet and walls were considered
as non-slip and adiabatic. The operating pressure and temperature conditions are summarized in
Table 2. The fluid properties were determined using the REFPROP 7.0 equation database which, for

R134a, uses a formulation based on the Helmholtz free energy equation of state and accurately
determines the real gas behaviour in the range 170 K to 455 K and up to 70 MPa (Baher and TillnerRoth, 1994). Turbulent effects were accounted for using the k-ω SST turbulence model of Menter
(1994) in its low Reynolds formulation, which adds additional damping to the k and ω transport
equations in the wall adjacent region. The combination of the REFPROP 7.0 equation database and
the k- ω SST low Reynolds turbulence model was shown to better capture the internal ejector flow
structure and determine the entrainment ratio with an accuracy of about 5% relative to experimental
values (Croquer et al., 2016).
2.2.2

Droplet injection (discrete phase)

Droplets were modeled as spherical particles of variable diameter having two-way momentum and
energy coupling with the main flow. Their effects on the main flow were determined using a
Lagrangian approach, i.e., their trajectories and temperature are calculated by integrating force and
energy balances for each particle, from their origin at injection until their end by either breakage or
leaving the domain. In this study, only total drag and convection heat transfer are considered as
acting mechanisms on the particles. The drag coefficient is determined as a parametric function of
the particle Reynolds number using the correlation of Morsi and Alexander (1972). The local
convection heat transfer coefficient is calculated using the correlation of Ranz and Marshall (1952).
At each discrete phase time step, momentum and thermal energy changes for each particle entering
and leaving a computational cell are computed and the results added as source terms to the
conservation equations for the continuous phase. These correlations are indirectly dependent on the
droplet diameter (via the exchange surface area), which varies with breakage. Droplet breakage is
modelled using the WAVE approach of Reitz (1987), which uses stability analysis to determine the
break up conditions for a given droplet. This approach is suitable for Weber numbers > 100. Based
on the injection and main flow gas conditions, the Weber number in this study is well over 1000. After
breakage, daughter droplets inherit the thermodynamic properties and velocity from their mother
droplet.
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2.3.

Flow Solver

The system of governing equations for the Eulerian phase was resolved using the commercial
software ANSYS FLUENT v.15 via the finite volume technique. The advective terms were discretized
using a second-order upwind scheme, except for the pressure equation where the PRESTO! scheme
was used. A 2nd order central difference scheme was used for the diffusive terms. High-order term
relaxation was applied to all equations to improve smoothness. The algebraic system was resolved
with a pressure-based algorithm and full pressure-velocity coupling, which has been applied
successfully in previous RANS studies of single- and two-phase supersonic ejectors (Li and Li, 2011;
Yazdani et al., 2012; Zhu and Jiang, 2014). Simulations were initialized with a perfect gas solution
on the same mesh as the final calculation and without any droplet injection. The fully developed gas
flow solution without any injection was used as initialization for the cases comprising droplets. The
ordinary differential equations describing droplets trajectory and temperature are integrated every
10 main-flow iterations using a semi-implicit trapezoidal method. At each discrete phase time step,
momentum and thermal energy changes for each particle entering and leaving a computational cell
are computed and the results added as source terms to the conservation equations for the
continuous phase. The initial condition for the particle clusters (velocity, temperature and diameter)
is introduced using a point-injection approach on the domain boundary as shown in Figure 1.
Convergence was defined as RMS residuals under 1x10-4 for all equations plus stable values of
mass flow and temperature across all boundaries. Calculations were carried out using a personal
workstation with 32GB of RAM and a 4 core 3.40 GHz CPU. In average, each computation took
about 180 minutes.

3.
3.1.

RESULTS AND DISCUSSION

Comparison between the RANS and Thermodynamic models

The capacity of the presented RANS model in determining the continuous phase characteristics has
been validated against the experimental data of García del Valle et al., 2014. The results, which can
be found in Croquer et al. (2016), show a very good agreement, with a deviation of 5% and 1.3%
respectively for the double-choke entrainment ratio and limiting compression ratio. Concerning
droplet injection, to the best of the authors’ knowledge there is no available experimental data for
cross-flow injection of liquid in a similar configuration to the assessed ejector. Figure 2 depicts a
comparison of centreline profiles obtained using the RANS model with cross sectional values of
pressure, temperature and Mach number, as determined with the thermodynamic model of Croquer
et al., 2017 for the case with 10% injection fraction. The thermodynamic model determines the
ejector performance for given geometry and operating conditions and different injection fractions. It
showed an 18% deviation versus experimental entrainment ratio data for single- and two-phase
conditions. In general, both models predict essentially the same flow behavior, particularly the
pressure profiles. Two important differences are observed. The first one on the Mach number at
position L6, where the thermodynamic model assumes subsonic flow while the RANS model
captures the shock train extending into the diffuser. The second one concerns the temperature at
position L7, the RANS higher exit temperature probably stems from neglecting vaporization effects,
which are indirectly accounted for in the thermodynamic model.
3.2.

Changes in CAS flow structure with droplet injection

Fig. 3 depicts the pressure field through the ejector CAS together with black iso-lines denoting Ma=1
for the four assessed cases. The train shock structure is clearly visible. No noticeable changes are
observed for the lowest injection fraction (1%) in relation to the baseline case. At 5%, small
disturbances are observed near the walls, right after the injection position. These are marked by a
small bump in the iso-lines, as well as the generation of oblique waves earlier in the CAS.
Nonetheless, at this condition the main flow momentum is capable of maintaining the structure and
the shock onset position is similar to that for the baseline and 1% cases. At 10%, the increased
injection triggers boundary layer detachment, as revealed by the changes in the near wall iso-lines.
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This in turns provokes an earlier shock train onset. Moreover, the first cell peak values of the
pressure are 1175.8 kPa, 1250.1 kPa, 1494.7 kPa and 810.75 kPa, respectively for the baseline,
1%, 5% and 10% injection fractions. Thus, at injected fractions of 1% and 5% the peak pressure is
intensified. Although this seems to contradict the thermodynamic model results, it must be noted that
the latter reports averaged results before and after the shock. At the 10%, the pressure peak is
reduced by 31%. This suggests that the associated reduction in shock intensity is related with the
earlier start of the shock train. A further remark is that in the RANS model setup the outlet pressure
is prescribed, which could restrain the shock onset position as well as the overall pressure profile.
Pressure
CAS

Temperature

Diffuser

Ma number

Figure 2: Comparison of pressure, temperature and Mach profiles at centreline obtained with the
RANS model versus the results of the thermodynamic model of Croquer et al. 2017. Results for an
injected fraction of 10%.

3.3.

Changes in exergy profiles with droplet injection

Figure 4 shows exergy profiles along the centreline of the ejector for all assessed conditions. These

are identical, up to the point of injection where a sudden exergy drop is observed with increasing
injection fraction. This destruction is transported by the flow such that the outlet exergy is lower. A
global accounting of these effects shows that, in these conditions, exergy efficiency reduces up to
15% with 10% droplet injection fraction. Furthermore, local exergy destruction also implies an
entropy increase with injection, which supports the observations made in Croquer et al. (2017) about
the lower limiting compression ratio when droplets are injected: this parameter is limited by the
second law imposition that the outlet entropy rate must be higher than the inlet entropy rate (Galanis
and Sorin, 2016). Thus, as droplets are injected, the minimum outlet entropy and the associated
outlet pressure also increase.
With the objective of determining the reasons behind the exergy destruction, the entropy generation
term was determined following the definition given by Lamberts et al. (2017):
𝜕𝑢

𝜕𝑇

𝑖
𝑡
𝐿𝑜𝑐𝑎𝑙 𝐸𝑛𝑡𝑟𝑜𝑝𝑦 𝐺𝑒𝑛𝑒𝑟𝑎𝑡𝑖𝑜𝑛 = 𝜏𝑖𝑗
− 𝑞𝑗𝑡 𝜕𝑥
𝜕𝑥
𝑗

𝑗

(Eq. 1)

where 𝝉𝒕𝒊𝒋 and 𝒒𝒕𝒋 are, respectively, the total (viscous + turbulent) stress tensor and heat flux vector.
The comparison between the baseline and 10% injection cases is shown in Figure 5. Across both
fields there is a series of cells corresponding to the shock train which, in the case with injection has
an earlier start. For this case an important source of losses is observed at the point where the main
flow first meets the droplets. However, since the shock intensity is mitigated, the associated losses
through the shock train are less important in comparison with the baseline case. In fact, after
integration over the surface shown in Figure 5, the total entropy generation in the case with 10%
droplet injection is 7% lower than the baseline case. Thus a different mechanism might be in place
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to reduce exergy. A possibility is the gas cooling down because of the low droplet temperature. To
verify this, Figure 6 shows the temperature field after injection for the baseline and 10% cases, the
main flow average temperature at the diffuser inlet reduces from 40 oC in the baseline case to 34oC
at 10% injection. This implies a lower useful energy potential for the outlet gas and hence a lower
outlet exergy.
No injection

Injection location

1%

Oblique wave
5%

10%

Figure 3: Static pressure field and Ma=1 iso-lines through the CAS of the ejector for different
injection fractions.

CAS

1400

Exergy (kJ)

1300

Diffuser

Injection
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1100
1000
900
800
0.00 0.02 0.04 0.06 0.08 0.10 0.12 0.14 0.16
Ejector centreline, x (m)
No Injection

1%

5%

10%

Figure 4: Exergy profiles through the ejector. Averaged values obtained at various flow cross
sections.

4.

CONCLUSIONS

The effect of droplet injection in the CAS of a gaseous R134a supersonic ejector has been assessed
by implementing an Eulerian-Lagrangian approach in a RANS model. The results provide further
insight on the reasons behind the performance detriment with the droplet injection reported in a
previous thermodynamic model (Croquer et al., 2017). In particular, it is observed that for lower
injection fractions (1% and 5%), there are no noticeable changes in the shock onset position but the
peak pressure is almost doubled. At the highest fraction (10%), the peak pressure is diminished by
31% and the shock train starts earlier in the CAS. Furthermore, exergy profiles show a reduction in
this quantity with droplet injection. Losses and temperature contours suggest that this drop is mainly
associated with a reduction in the main gas temperature.
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10% injection

No injection

Figure 5: Contours of exergy losses source terms after droplet injection. Comparison between the
baseline and 10% injection cases.

10% injection

No injection

Figure 6: Contours of temperature after droplet injection. Comparison between the baseline and 10%
injection cases.
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NOMENCLATURE
CAS
COP
d
D
de
k
LCAS
Ma
nd

Constant area section
Coefficient of performance
Primary nozzle exit diameter (mm)
Constant area section diameter (mm)
Diffuser exit diameter (mm)
Turbulence kinetic energy (m2.s-2)
Constant area section length (mm)
Mach number (-)
Primary nozzle throat diameter (mm)

NXP
p
𝒒𝒕𝒋
T
𝒖𝒊
x
𝝉𝒕𝒊𝒋
ω

Nozzle exit position (mm)
Static pressure (kPa)
Total heat flux in the j-direction (W.m2)
Temperature (oC)
Velocity in the i-direction (m.s-1)
Axial coordinate (m)
Total stress tensor component (Pa)
Turbulent specific dissipation rate (s-1)
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ABSTRACT
A self-tuning semi-empirical model for the transient simulation of domestic refrigerators is presented
in this paper. The model is based on a quasi-steady approach, where the time variations associated
with the thermal inertia of the refrigerated compartments and heat exchangers (condenser and
evaporator) are considered, whereas the refrigeration loop is modelled assuming steady-state
conditions. The model was coded in Modelica language and validated against experimental data
obtained for two different refrigerator platforms namely, natural-draft all-refrigerator and fan-anddamper top-mount (Combi) refrigerator. Additionally, a self-tuning method was put forward to identify
the values of the model closing parameters, such as thermal conductances and capacities. When
compared with experimental data obtained in-house, an agreement between model predictions and
experimental counterparts within ±10% error bands for the power consumption, and within ±1°C
thresholds for the compartment air temperatures can be observed. Taking as reference an Intel®
Core™ i5 7th generation processor, it is possible to simulate 3 h of cycling operation in 15 s of CPU.
Keywords: Transient simulation, Quasi-steady modelling, Semi-empirical, Self-tuning, On-Off

1. INTRODUCTION
According to the International Institute of Refrigeration, nearly 17% of the electric energy produced
worldwide is consumed by refrigeration systems, being 45% of which due to the residential sector,
so that household refrigerators and freezers respond for fairly 8% of the global electric energy
consumption (Coulomb et al., 2015). As a consequence, governments around the globe have
adopted stringent labelling policies, leading manufactures towards highly efficient appliances
achieved by means of super-insulated cabinets (e.g., vacuum insulating panels), nonconventional
cycle architectures (e.g., multiple evaporators) and intelligent control strategies (e.g., variable-speed
compressors).
Regardless of the refrigerator complexity, it has been advocated that system simulation can be a
handy tool for decision making in the design of less costly, energy-efficient refrigerators, additionally
reducing the number of prototypes and experiments needed. Essentially, two modelling approaches
can be adopted for the system simulation namely, steady-state and transient. The former is usually
adopted for component matching (Gonçalves et al., 2009), and also to tackle with competing effects
such as component-level heat versus friction, and system-level energy versus cost trade-offs
(Negrão and Hermes, 2011). Transient simulation models, on the other hand, are crucial for
assessing off-design conditions, such as start-up and shut-down pressure peaks (Hermes et al.,
2008), developing control strategies for capacity control (Schurt et al., 2009) and defrosting
operations (Borges et al., 2015), and evaluating complex cycle architectures, such as those with
multiple evaporators. In such cases, the model is called fully transient.
Despite their high mathematical complexity, which bears high computational cost, fully transient
models can handle both mass migration inside the refrigeration loop (fast transients) and refrigerated
compartment temperature evolution (slow transients). In the cases where the time constant of the
refrigeration cycle is much lower than that of the refrigerated compartments, the former can be
treated as steady-state while the latter is still modelled as transient (Borges et al., 2011). In spite of

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1871

neglecting the mass migration effects, quasi-steady models can properly simulate the refrigerator
behaviour in on-off regime demanding a much lower computational effort than a transient model.
A drawback lies in identifying the closing parameters, such as conductances and thermal capacities,
which must be fed to the model. This work addresses this issue by introducing a self-tuning method
to gather automatically the closing parameters from experimental data. In this paper, two different
refrigerators have been investigated, a natural-draft all-refrigerator and a forced-convection topmount refrigerator, both designed for the Brazilian market and, therefore, running with R134a. In
both cases, the refrigerant loop follows an Evans-Perkins cycle with an internal heat exchanger, as
depicted in Fig. 1, using a wire-and-tube condenser at the rear wall.
Condensador
3

2

∆𝑇sub
1

Internal
heat
exchanger

Compressor
4
Capillarytube

5

∆𝑇sup

6

Evaporator
𝑇
Refrigerated compartment

Figure 1: Schematic of the refrigeration loop

Figure 2: Schematic of the Combi refrigerator

2. MATHEMATICAL MODELLING
2.1.
Refrigeration loop
According to Borges et al. (2011), the quasi-steady approach relies on the assumption that the time
constant of the refrigeration system is much smaller than that of the cabinet, so that the first can be
modelled in steady-state, meaning that the mass flow rate of refrigerant is uniform along the
refrigeration loop at a given time (see Fig. 1). In addition, noting that mass inventory and refrigerant
flow through the capillary tube tend to introduce strong non-linearities into the model, generating
instabilities in the computation of the working pressures, Gonçalves et al. (2009) proposed to replace
those equations by prescribing the superheating, Δ𝑇sup, and subcooling, Δ𝑇sub, degrees respectively
at the evaporator and condenser outlets, so that their respective enthalpies are as follows:
ℎ = ℎ(𝑝 , 𝑇 − ∆𝑇sub )

Eq. (1)

ℎ = ℎ 𝑝 , 𝑇 + ∆𝑇sup

Eq. (2)

By neglecting the energy accumulation in the refrigerant flow, the energy balances in the evaporator
and condenser respectively yield,
= 𝑚̇(ℎ − ℎ )

Eq. (3)

𝑈𝐴int,c 𝑇 − 𝑇w,c = 𝑚̇(ℎ − ℎ )

Eq. (4)

𝑈𝐴int,e 𝑇w,e − 𝑇

where the sub-index ‘e’ refers to the evaporator and ‘c’ to the condenser walls, respectively. Applying
the same reasoning to the compressor, an energy balance yields
ℎ = ℎ + 𝑊̇ − 𝑄̇ /𝑚̇
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The mass flow rate displaced by the compressor and the compression power are obtained from the
following semi-empirical model (Santos et al., 2019):
𝑊̇ = 𝑚̇{𝑎 𝑇 [(𝑝 /𝑝 )

Eq. (6)

− 1] + 𝑎 }

𝑚̇ = 𝑁𝑝 {𝑏 − 𝑏 [(𝑝 /𝑝 )

Eq. (7)

− 1]}𝑇

where 𝑁 is the operating frequency of the compressor and the coefficients 𝑎 .. and 𝑏 .. are fitted
using calorimeter data. It is worth of note that the heat released by the compressor, 𝑄̇ , is embedded
in 𝑎 , such that 𝑄̇ = 𝑚̇𝑎 .The heat exchange between the suction line and the capillary tube is
solved by means of the heat exchanger effectiveness, 𝜀 , defined as follows:
Eq. (8)

𝜀 = (𝑇 − 𝑇 )/(𝑇 − 𝑇 )

The enthalpy at the evaporator inlet is obtained from an energy balance in the heat exchanger:
Eq. (9)

ℎ −ℎ =ℎ −ℎ

Despite of the negligible energy accumulation in the refrigerant-side, the condenser and evaporator
walls, on the other hand, have non-negligible thermal inertia due to their metallic masses. Thus, an
energy balance in the heat exchangers walls provides the following evolving equation:
𝑑𝑇w
= 𝑈𝐴ext,w (𝑇 − 𝑇w ) + 𝑈𝐴int,w (𝑇ref − 𝑇w )
Eq. (10)
𝑑𝑡
where 𝐶w is the thermal capacity, 𝑇 is the temperature of the surrounding air, 𝑇ref the refrigerant
temperature, and 𝑇w is the average temperature of the heat exchanger wall (‘e’ for evaporator and
‘c for condenser). Since the refrigerant flow in both the evaporator and condenser takes place with
phase change, the internal conductance of the exchanger is much greater than the external one, the
following approximation 𝑈𝐴int,w ≈ 100𝑈𝐴ext,w was adopted in the present work.
𝐶w

2.2.

Refrigerated compartment

2.2.1. All refrigerator
A 230-litre all-refrigerator comprised of a natural-draft plate-type roll-bond evaporator on the backwall
was firstly assessed. This refrigerator is controlled by a thermostat placed inside the refrigerated
compartment, which turns the compressor on and off keeping the compartment temperature in the
desired range. To close the equation set, an evolving equation for the compartment air temperature
is still needed, which can be obtained from the following energy balance
𝐶

𝑑𝑇
= 𝑈𝐴 𝑇amb − 𝑇
𝑑𝑡

− 𝑈𝐴ext,e 𝑇w,e − 𝑇

+ 𝑊̇

Eq. (11)

where 𝐶 is the thermal capacity of the air and 𝑊̇ is the power dissipated inside the refrigerated
compartment (𝑊̇ ≈ 0 in the present study). At all, the model has 7 closing parameters:
𝐶 , 𝐶 , 𝑈𝐴 , 𝐶 , 𝑈𝐴 , 𝑈𝐴 and 𝜀 to be obtained from experimental tests.
2.2.2. Combi refrigerator
A 440-litre frost-free top-mount fan-and-damper refrigerator was also assessed in the present work.
A thermostat-driven damper is used to control the air flow rate to each of the two compartments, as
shown in Fig. 2, whereas a second thermostat, located in the frozen-food compartment, turns the
compressor on and off. The relationship between the thermostat temperature, the damper position
and the airflow to fresh- and frozen-food compartments must be devised in order determine both
compartment temperatures, which are obtained from the following evolving equations obtained from
energy balances in the refrigerated compartments,
𝐶fz
𝐶ff

𝑑𝑇fz
= 𝑈𝐴fz (𝑇amb − 𝑇fz ) + 𝜌𝑐 𝑉̇𝜙(𝑇 − 𝑇fz ) + 𝑈𝐴 (𝑇ff − 𝑇fz ) + 𝑊̇
𝑑𝑡

𝑑𝑇ff
= 𝑈𝐴ff (𝑇amb − 𝑇ff ) + 𝜌𝑐 𝑉̇ (1 − 𝜙)(𝑇 − 𝑇ff ) + 𝑈𝐴 (𝑇fz − 𝑇ff ) + 𝑊̇
𝑑𝑡
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where 𝜙 and 𝑉̇ are the freezer airflow fraction and total airflow rate supplied by the fan, respectively,
obtained from the damper, 𝜌 and 𝑐 are the air density and specific heat of air, respectively, 𝑈𝐴 is
the conductance of the mullion. The insufflation temperature, 𝑇 , can be calculated through an energy
balance in the evaporator,
1 − exp −𝑈𝐴ext,e /𝜌𝑐 𝑉̇

𝜙𝑇fz + (1 − 𝜙)𝑇ff − 𝑇w,e + 𝑊̇fan /𝜌𝑉̇ 𝑐 = [𝜙𝑇fz + (1 − 𝜙)𝑇ff − 𝑇 ] Eq. (14)

where 𝑊̇fan is the power dissipated by the fan (7 W). At all, the model has 9 closing parameters:
𝐶ff , 𝐶fz , 𝐶 , 𝐶 , 𝑈𝐴 , 𝑈𝐴 , 𝑈𝐴ff , 𝑈𝐴fz and 𝜀 to be obtained from experimental tests.

3. NUMERICAL SCHEME
3.1.
Self-identification
Due to the non-linear nature of the refrigeration system, each of the closing parameters 𝑃 has
influence on one or more of the problem variables 𝑥 . Thus, in a reverse manner, if the variables 𝑥
are known, it is possible to achieve the set 𝑃 that leads to the solution. Therefore, one could select
which variables should be measured in the experiment so that the 𝑃 parameters can be reduced.
However, choosing variables that are not affected by the closing parameters would render the selfidentification impossible as the sets of 𝑥 and 𝑃 are product-dependent.
The procedure for self-identification, illustrated in Fig. 3, consists of a Newton-Raphson procedure
applied to minimize the errors between the model predictions and the experimental counterparts:
[𝑃] = [𝑃 ∗ ] − 𝛼[𝐽]

Eq. (15)

[𝑥] − 𝑥exp

where 𝑃∗ denotes the value of the previous iteration, [𝐽] is the inverse of the Jacobian, and 𝛼 is
the under-relaxation factor. Due to the severe non-linearities of the equations, under-relaxation was
needed with 𝛼 never higher than 0.1. The experimental test should be performed in a climatecontrolled room with the refrigerator running under cycling conditions. The test is recorded until the
run time ratio no longer varies.
Initial
guess

Simulation
of 1 cycle

Δ𝑃 < tol

End

Correction
(Newton-Raphson)

Figure 3: Self-identification procedure

3.2.
Solution algorithm
The proposed model was implemented in Dymola (Dynasim, 2006), a modelling and simulation
platform that relies on non-linear solvers and high-performance integrators, such as DASSL
(Petzold, 1982), developed for EDA systems (differential-algebraic equations). Dymola uses the
open and object-oriented programming language Modelica, an equation-based language that allows
component and system models to be defined in a general way, without considering the causality of
a specific problem. Due to the object orientation structure, the component models may be separated
into blocks. The integration of the components to form the system model is then done graphically,
coupling the blocks as shown in Figs. 4 and 9.

4. RESULTS AND DISCUSSION
4.1.
All refrigerator
The experimental data used for model identification was obtained from Hermes et al. (2008b). The
present work proposes a self-identification method where a single experiment returns up to 5 out the
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7 closing parameters. The values adopted in the self-identification routine were: 𝑡on=1026 s,
𝑡off=920 s, 𝑇e =-22.5 C, 𝑇c =48.4°C, 𝑇1 =37.7°C. The fitting was carried out for the following parameters:
𝐶 , 𝑈𝐴 , 𝑈𝐴 , 𝑈𝐴 and 𝜀, whereas the values of 𝐶 (900 J∙K-1) and 𝐶 (1073 J∙K-1) were calculated
from the heat exchangers masses and specific heats. The degrees of superheating and subcooling
were considered null. The results from the self-identification routine are summarized in Table 1.

Control wires (boolean)

Table 1: All-refrigerator
parameters

Condenser

Refrigeration
loop

Evaporator

Parameter
𝐶 (kJ∙kg-1)

Refrigerated
compartment

𝜀 (-)
𝑈𝐴 (W∙K-1)
𝑈𝐴 (W∙K-1)
𝑈𝐴 (W∙K-1)

Heat transfer wires
Ambient
temperature

Value
13620
0.804
3.55
9.92
2.32

Figure 4: Block diagram of the all-refrigerator

Fig. 5(a) shows the time evolution of the evaporation and condensation temperatures, as well as the
average temperature in the cabinet. It is noted from Fig. 5 that the model is able to predict the on-off
behaviour of the refrigerator quite well. The experimental trends are followed closely by the model,
although a slight peak in the condensation pressure during the start of the compressor is observed,
which is not observed experimentally. Fig. 6 shows the power consumed by the compressor over
time, where good agreement between the experimental trends and model predictions can be
observed, with an offset of 10 W (15%) after the initial peaks, which is due to the errors embedded
in the compressor model (see eq. 6).

Temperature [°C]

160

Experimental
Simulation

Simulation
Experimental

140

Compressor power [W]

Cabinet
Evaporator
Condenser

70
50
30
10
-10

120
100
80
60
40
20

-30
0

0.5

1

1.5

Time [h]

Figure 5: Simulation results for the allrefrigerator temperatures

0
0

0.5

1

1.5

Time [h]

Figure 6: Simulation results for the allrefrigerator power consumption

To further explore the model capabilities, a sensitivity analysis was carried out. Fig. 7 shows the
impact of the evaporator and condenser conductance over the energy consumption and run time
ratio (RTR), where one can notice that improving the condenser conductance in up to 20% results
in about 7% of energy savings. When same is done for the evaporator, no more than 1% is observed.
Fig. 8 in turn reveals a linear relationship between energy consumption and cabinet thermal
conductance (and therefore the thermal loads), as all energy entering the cabinet must be removed
by the refrigeration system.
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Figure 7: All-refrigerator sensitivity to the heat
exchangers conductances
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Figure 8: All-refrigerator sensitivity to the
cabinet conductance

4.2.
Combi refrigerator
The experimental data used for model identification was obtained from Hermes et al. (2008a). Since
there are two compartments, 2 more parameters must be added to the self-identification routine, 𝐶fz
and 𝑈𝐴fz . In order to minimize the parameters to be fitted, the compartment capacities were
determined from the refrigerator data, 𝐶ff (7460 J∙K-1) and 𝐶fz (2300 J∙K-1), and a factor, 𝐶 ∗ , was
introduced so that 𝐶ff,fz = 𝐶 ∗ 𝐶ff,fz. The variables and their respective values used in the selfidentification routine were: 𝑡on=1600 s, 𝑡off=2120 s, 𝑇e =−29.4°C, 𝑇c =51.3°C, 𝑇1 =36.5°C and Δ𝑇ff=6°C
(fresh-food temperature swing). The fitting was carried out for the following parameters:
𝐶 ∗ , 𝑈𝐴 , 𝑈𝐴 , 𝑈𝐴ff , 𝑈𝐴fz and 𝜀. The value of 𝐶 (1100 J∙K-1) and 𝐶 (465 J∙K-1) were calculated from
the heat exchangers masses and specific heats. Once again, the degrees of superheating and
subcooling were considered null. The results are summarized in Table 2.
Control wires (boolean)
Condenser

Refrigeration
loop

Forced No-frost
evaporator

Refrigerated
compartments

Heat transfer wires
Ambient
temperature

Figure 9: Block diagram of the Combi refrigerator

Table 2: Combi refrigerator
parameters
Parameter

Value

∗

1.6
0.772
27.83
13.61
4.05
0.788

𝐶 (-)
𝜀TC-LS (-)
𝑈𝐴 (W∙K-1)
𝑈𝐴 (W∙K-1)
𝑈𝐴ff (W∙K-1)
𝑈𝐴fz (W∙K-1)

Fig. 10 illustrates the condensing and evaporating temperatures as well as the fresh- and frozenfood compartment temperatures over time, where one can see that the model is able to predict all
temperatures with maximum error of 2.3°C. Fig. 11 depicts the compressor power over time, where
errors of approximately 5% can be observed for the whole simulation.
A sensitivity analysis of the compartment conductances and compressor speed was also carried out.
Fig. 12 explores the variation of energy consumption in response to changes in the conductance of
the fresh- and frozen food compartments, where very expressive results were achieved, with a linear
relationship of the energy consumption with the freezer conductance, a behaviour similar to that
observed for the all refrigerator. The same is not observed for the fresh-food conductance because
of the damper. Fig. 13 shows that the energy consumption increases with the compressor speed,
which reduced the compressor on time. Thus, a speed decrease of 15% leads to 1.4% of energy
savings, while a speed increase of 15% leads to 4.5% more energy consumption.
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Figure 12: Combi refrigerator sensitivity to the
cabinet conductance
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Figure 11: Simulation results for the Combi
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Figure 10: Simulation results for the Combi
refrigerator temperatures
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Figure 13: Combi refrigerator sensitivity to the
compressor speed

5. CLOSING REMARKS
A quasi-steady-state model for simulating the on-off pattern for household refrigerators was put
forward. A self-identification module for fitting the closing parameters based on a single experimental
test containing on-off patterns was additionally advanced. Two different refrigerators have been used
so far to validate the approach, an all-refrigerator and a Combi top-mount refrigerator. After the selftuning procedure, a maximum deviation of ±1ºC was observed when comparing the model
predictions for the cabinet air and heat exchanger wall temperatures with experimental data for the
all-refrigerator and 2.3°C for the top-mount. The compression model, on the other hand,
overestimated power consumption by 10% in the case of the all-refrigerator and underestimated by
7% in the case of the Combi refrigerator. For a 7th generation Intel® Core™ i5 7400 2.8 GHz, the
code simulated 3 h of cycling operation in 15 s of CPU time when using the DASSL solver. Of course,
in addition to being not suitable for simulating the pull-down operation, the model cannot predict
refrigerant migration effects such as evaporator activation and pressure equalization.
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ABSTRACT
Natural refrigerants such as ammonia, hydrocarbons and CO2 are becoming increasingly popular
due to favorable thermo-physical properties, low environmental impact and low cost. Industrial
refrigeration systems are often installed in applications where the difference in peak and average
cooling load is substantial. Cold thermal energy storage (CTES) integrated into the system enables
shifting of the load from peak hours to off-peak hours, which enables design of the system capacity
closer to the average load rather than the peak load. This paper describes the design and
development of a CTES unit and associated experimental test rig. The CTES unit consists of a stack
of heat exchanger plates contained in a steel tank, initially filled with water as the phase change
material (PCM). CO2 circulates within the plates to freeze and melt the water during charge and
discharge cycles, respectively.
Keywords: Refrigeration, Carbon Dioxide, Cold thermal energy storage, Energy Efficiency.

1. INTRODUCTION
CTES technology has over the years gained more attention as a measure to cope with high peaks
in refrigeration demands in various applications, reducing the required installed capacity of
equipment and offering a backup in case of system failure. Special attention is being paid to
investigating latent CTES using phase change materials (PCMs) (Oró et al., 2012) (Li et al., 2013).
Extensive literature reviews on CTES technology and PCMs applied in different sectors have been
published, including domestic refrigeration (Joybari et al., 2015), integration in building applications
(Cabeza et al, 2011) and domestic heat pump/air-conditioning systems (Moreno et al., 2014). These
studies cover both short-term and long-term storages. Published research on large-scale cold
thermal energy storages is scarcer, especially systems designed for short-term storage. Systems
designed for seasonal storage are most commonly studied.
In many process industries, where large refrigeration systems are installed, there is a substantial
difference in peak and average cooling load. In Norway, one of the largest sectors within industrial
refrigeration is the food-processing industry. The peaks in refrigeration demand occur due to the
throughput of product in the plant during processing, while the cold storage of products is the main
contributor to off-peak demand. The change in refrigeration demand from off-peak to peak can be
more than a multiplication of ten. Identifying this demand structure is one of the most important
prerequisites to make a successful CTES implementation in a refrigeration system (Dincer and
Rosen, 2002). The evaporation temperature level where the energy is required in these types of
systems are in the range of -10°C to 0°C for chilling purposes and between -40°C and -50°C for
freezing processes. To avoid using compressor power during peak hours for satisfying the thermal
requirement, the thermal demand must be satisfied at these temperature levels. PCMs with fitting
phase change temperature for this temperature range are salt-hydrates/water mixtures or organic
paraffin PCMs.
Apart from identifying a suitable system where energy storage can offer beneficial features, reliable
CTES units that are easily integrated directly into the refrigeration systems must be developed.
Earlier studies have been focusing on units that are incorporated in the secondary circuits of the
refrigeration systems, typically using ice water or glycol as brines. Typical examples in this category
are tube-in-tank systems (Torregrosa-Jaime et al., 2013) and ice bank systems with brine circulation
through pipes or vertical plates (Ismail et al., 1999). These systems have the additional heat transfer
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loss by heat exchanging heat between the refrigerant and secondary circuit before being able to
store the energy in the CTES system. The challenge when moving to large-scale systems requiring
low temperature is to extract the energy stored in the CTES system fast enough during the period
that the peak occurs. This varies from system to system, but the peak usually lasts from one up to a
few hours. Large-scale systems with freezing and cooling demands in the megawatt range require
high heat transfer from the CTES system in order to cut the demand peaks. There are in essence
two approaches to enhancing the heat transfer in a latent CTES system. The designer can either act
on the PCM by enhancing the thermal properties or act on the storage system itself. Enhancement
strategies for PCMs have been studied intensively over the past years and thorough reviews are
available (Fan and Khodadadi, 2011) (Milian et al., 2017). The focus of this study is to design a
CTES unit by acting on the system, ensuring adequate heat transfer area to get high refrigeration
duty during discharging.
The proposed design of a CTES unit in this paper is based on a type of heat exchanger (HX) plates
called pillow plates. Pillow plates have the ability to withstand the relatively high operating pressures
in CO2 refrigeration systems, thus the refrigerant can be evaporated/condensed directly in the CTES
and exchange heat with the PCM without additional secondary fluid circuit in between.
The published work on heat transfer in pillow plates is limited. Geometric description of the wavy
surface is difficult due to the complex shape created by the applied hydraulic pressure during
inflation. Piper et al. (2015) made an important contribution to this topic. The study focused on
establishing methods for determining the geometric design parameters for pillow plates using
forming simulations. The simulations could accurately represent the wavy surface of the plates, and
equations for heat transfer area, hydraulic diameter and cross-sectional area were established based
on the results. These expressions are important for further developing correlations for heat transfer
and pressure drop in pillow plates.
Most studies of pillow plates deal with single-phase flow, only a few cover condensation and
evaporation. To the authors’ knowledge, the published research on condensation and evaporation
in pillow plates covers only applications in the process and chemical industry. Mitrovic and Peterson
(2007) published one of the first papers dealing with experimental investigation of condensation on
pillow plates, where the HX was applied as a top condenser in a distillation column. In this study, the
condensation process of isopropanol was on the outside surface of the pillow plate with cooling water
on the inside. Later work by Mitrovic and Maletic (2011) concerned a numerical investigation of the
flow and heat transfer characteristics of cooling water inside of a pillow plate.
Over the last four years, the number of publications treating numerical and experimental studies of
single-phase flow pillow plates has increased. Piper et al. (2016) carried out a numerical investigation
of the heat transfer characteristics of a small periodic element of the pillow plate. The study showed
that two distinct zones, the meandering core and the recirculation zone, characterize the flow inside
the plate. In single-phase turbulent flow, the core flow dominates the heat transfer. The highest
efficiency was observed for the lowest Reynolds numbers and the highest inflation height, and an
efficiency increase by up to 37% was predicted for oval shaped welding spots compared to circular.
This work was followed up by establishing heat transfer correlations for forced turbulent convection
based on the CFD results (Piper et. al., 2017). A recent study has investigated the effect of geometric
variations of the flow channel and spot welds on the heat transfer in thermoplates, a variation of the
pillow-plate with a single row of spot welds in the flow direction (Khalil et al., 2018). This study
considered incompressible laminar flow with water as the fluid. Results from the study show
improvement in heat transfer for large cross-sectional flow area, larger spot-weld spacing and
smaller spot-weld diameter. The results from the numerical study were validated with experimental
data.
Ice bank systems based on pillow plates have recently become commercially available, serving as
a thermal storage for cold water systems with temperature set point of 0.5°C to 2°C. These follow
the same operational regime as the traditional ice banks with tubes. This involves immersing the
pillow plate HX in a water tank, where the circulation of cold coolant/refrigerant on the inside of the
plates freezes an ice layer on the plate surface during charging. During discharging, warm return
water from ice water system pumped into the tank and circulated on the outside of the ice layer to
melt it and cool the water. This can be referred to as an internal freeze/external melt system. In this
paper, the proposed design is a pillow-plate CTES unit based on the internal freeze/internal melt
principle. The details of the CTES unit, operation and associated test rig will be presented in the
following sections, as well as the proposed method of integration in a refrigeration system.
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2. DEVELOPMENT AND DESIGN OF A CTES UNIT
2.1.

CTES unit

The prototype CTES unit is shown in Fig. 1 below. The unit consists of a welded case in stainless
steel supported by a frame of steel square tube, as well as a lid with handles to cover the unit to
prevent evaporation of the PCM. The frame is required for structural support once the unit is filled
with PCM. The prototype has two windows of thick acrylic plexiglass on each side for visually
observing the melting/freezing process when the experiments are running. LED lights can be
installed at one side of the case, and a camera at the other side to clearly see the solid PCM layer
between each pillow plate. The case should be insulated when experiments are running, and the
windows fitted with removable pieces of insulation. In case of service or need to empty the tank,
there is a tube for draining the PCM at the bottom of each sidewall.

Figure 1: The designed prototype CTES unit (shown
ten plates)

Figure 2: Detailed view of the plate
stack in the unit

A stack of pillow-plates provides the heat exchange with the PCM in the unit. These plates consist
of two thin metal sheets that are spot-welded together in a laser-welding machine. The diameter of
the spot welds and the distance between them can be varied according to what type of refrigerant is
used in the system. Higher operating pressures involves more spot welds per plate area. CO2
requires relatively frequent spot welds due to the high pressure compared to other refrigerants. The
spot welds are created in a certain repeating pattern. The pattern chosen in this unit has 50 mm
longitudinal spot weld distance and 30 mm transversal spot weld distance. Other patterns are
available. The plate pair is then seam welded along the edges to seal it completely, except for the
inlet and outlet pipe. To create the flow channels for the refrigerant inside the plate, one of the pipes
is blocked off and high pressure is applied on the inside of the plate with water. The plate is inflated
and the channels are formed around the spot welds in between the two metal plates. This process
gives the plates the characteristic wavy surface. The channel geometry promotes mixing of the flow
and good distribution of refrigerant within the plate, which enhances heat transfer. In addition,
longitudinal seam welds are made on each plate. This directs the refrigerant flow from the inlet pipe
to the outlet via three passes over the plate. The longitudinal seam weld creating first refrigerant
pass can be seen in Fig 2. Due to the width of the channel, the refrigerant velocities are relatively
low, giving sufficient time for the refrigerant to evaporate/condense and exchange heat with the PCM
on the outside.
The plate stack in the prototype is built to be flexible. Cylindrical spacers mounted in between the
plates on the supporting rods set the distance between each plate. These can be changed with a set
of different length to change the distance. The distance between the plates is an important parameter
for the performance of the unit and the selection is depending on the thermal properties of the PCM,
the time limit for charging/discharging and storage capacity requirements. As an example, lower
thermal conductivity and high viscosity PCMs generally require shorter distance to activate all of the
material in the tank. First tests are to be carried out with water as the PCM, and a distance of 50 mm
between each plate is chosen. The first set of spacers are of unequal length, creating a tilt of the
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plate stack from the inlet to the outlet pipe. This design feature allows for efficient draining of the
condensate during discharging of the system. The flow direction is reversed during charging so that
the refrigerant evaporates and flows upwards to the outlet. The unit is intended to work with pumpcirculated oil-free CO2 refrigerant, but if lubrication oil is used, the tilting of the plate can help avoid
an accumulation of oil in the unit. The pipes at each end of the stack are connected to a common
manifold by a high-pressure flexible hose, which distributes the refrigerant to each plate in the stack
from the common inlet pipe. The plates are free to move up and down the rods, to avoid mechanical
stresses resulting from the expansion of the PCM during solidification. Main geometric parameters
of the CTES prototype unit are summarized in Table 1 below.
Table 1: Geometric parameters of the prototype CTES unit

Parameter
Longitudinal spot weld pitch
Transversal spot weld pitch
Pillow plate length
Pillow plate width
Distance between each plate
Number of plates in the stack
Total heat transfer area (assuming flat plate)

2.2.

Value
50
30
1500
750
50
20
45

Unit
mm
mm
mm
mm
mm
m2

CTES test rig

To test the performance of the newly developed prototype CTES unit, a test rig needs to be
developed and constructed. Special focus is to make the rig as flexible as possible, with the ability
to test the CTES unit with numerous PCMs of different composition, properties and phase change
temperatures. A simplified process and instrumentation diagram (PID) of the test rig is shown in Fig
3. The two main functions of the rig are to add and remove heat from the refrigerant circuit during
the discharging and charging process, respectively. Heat to the circuit is provided by a closed-loop
glycol system, with 30% glycol concentration as heat transfer fluid. The heating circuit consists of 2
x 9 kW electric immersion heaters with thermostatic control (0°C to 50°C), a circulation pump and
an expansion vessel with microbubble air separator and safety valve. The heat transfer to the CO2
circuit is done in a CO2/glycol plate HX from Alfa Laval, functioning as an evaporator. A differential
pressure sensor measures the pressure drop over the evaporator on the refrigerant side. Flow data
is collected by a Coriolis mass flow meter, while resistance temperature detectors (RTD) pt100
sensors measure the inlet and outlet glycol temperature to the evaporator. The probes of the
temperature sensors are installed directly in the glycol flow. The heating circuit is completed with 28
mm copper tube with press fittings.
Heat is removed from the CO2 circuit by connecting the test rig to the centralized CO2 unit in the
refrigeration laboratory. The centralized unit has three evaporation levels, -53°C, -25°C and -10°C,
which can be chosen by operating a valve station. This gives the possibility to remove heat at a large
temperature range, meaning PCMs with phase change temperatures from approximately 0°C to 45°C can be tested in the unit. The heat from the test rig CO2 circuit is transferred to the centralized
CO2 unit by a plate HX from Alfa Laval. The HX serves as a condenser on the test rig side and as
an evaporator for the centralized unit. A differential pressure sensor measures the pressure drop on
the test rig side of the condenser. A Danfoss CCMT-2 electronic expansion valve controls the
refrigerant flow and superheat of the suction gas to the centralized CO2 unit. When the facility is not
running, the pressure and temperature of the liquid CO2 in the receiver are kept low by a subcooler
HX (see Fig. 3). The HX consists of a 6 mm copper tube that is coiled around the liquid receiver, with
a total length of 15 meters. This prevents the temperature of the liquid CO2 in the system reaching
room temperature and excessive pressures during standstill. A Danfoss AKVH electronic expansion
valve controls the refrigerant flow and superheat of the subcooler.
A high-pressure hermetic refrigerant pump from HERMETIC-Pumpen GmbH equipped with a
frequency converter provides circulation of CO2 in the refrigerant circuit of the test rig. Liquid CO2 is
supplied to the pump from the refrigerant receiver. To avoid cavitation problems and provide the
required suction head for the pump, it is placed in the basement while the rest of the rig is located at
the ground floor. In addition, the suction pipe has an increased pipe diameter compared to the rest
of the rig to obtain sufficiently low refrigerant velocities at the pump inlet. The test rig refrigerant
circuit is constructed with K65 high-pressure copper tube and fittings that are brazed together. The
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tubes are of 3/4" size, except for the suction tube of the pump, which is of 1.5/8” size. A recirculation
line back to the receiver with a minimum flow orifice is fitted to the system to ensure the minimum
flow requirement of the pump is maintained at all times.

Figure 3: Simplified process and instrumentation diagram of the CTES test rig

The test rig can operate in two modes, charging or discharging of the CTES unit. When the system
is running in charging mode, ball valve 1 and 3 are closed. The remaining valves are open. The
refrigerant is pumped from the liquid receiver, through a Coriolis mass flow meter before entering
the CTES unit. The liquid refrigerant evaporates in the unit as it exchanges heat with the PCM in the
pillow plates, solidifying the PCM. The gas is then condensed in the CO2/CO2 condenser before it is
drained to the receiver. The evaporated CO2 from the centralized unit is transported back to the rack
by operating the appropriate compressor suction level. During discharging of the CTES unit, ball
valve 2 and 4 are closed. The rest of the valves are in the open position. Liquid CO2 is pumped from
the receiver through the Coriolis mass flow meter, and then to the evaporator. The heaters and the
pump in the glycol circuit are activated, and warm glycol is circulated through the plate HX to
evaporate the CO2. The refrigerant gas then flows through the CTES unit and condenses as it
exchanges heat and melts the PCM. The liquid CO2 is drained back to the receiver by gravity.
The plates in the CTES unit are stacked horizontally. This choice was made to take advantage of
the buoyancy effect on the solid PCM during the discharging/melting process. Since CO2 is
condensing in the plates, the PCM will melt close to the plate surface first. When the PCM between
a pair of plates is melted from the top and bottom, it is free to move in the liquid PCM. Due to density
differences between the solid and liquid PCM, the solid bulk will rise and make contact with the upper
plate. This will create a situation called close-contact melting (CCM), providing high heat transfer
between the solid PCM and the condensing refrigerant on the other side of the plate wall.
The test rig is installed with a differential pressure sensor over the CTES unit, evaporator and
condenser. In addition, there are absolute pressure sensors fitted at the receiver outlet and in front
of the CTES unit. 3 mm diameter closed-end tubes are fitted into the refrigerant flow in order to
mount RTD pt100 temperature sensors. They are installed at the receiver outlet, before the
evaporator, after the condenser and before/after the CTES unit. Up to 32 thermocouples can be
fitted on the pillow plate surface in the CTES unit to observe the temperature distribution. Three
plates in the stack (upper, middle and lower part of the stack) are fitted with thermocouples. All data
from the test rig is transmitted by a central data acquisition system from National Instruments and
logged by a program in the computer software LabVIEW. An overview of the measurement
equipment and the indication of the accuracy are shown in Table 2.
With the latent heat of water as PCM (333.55 kJ kg-1), the described geometry and by considering
only the volume of PCM between the plates as the active PCM, the expected storage capacity of the
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prototype CTES unit is about 104.1 kWh. The peak condensing duty for the unit with saturated CO2
gas entering at 5°C (39.67 bar) is about 26 kW, slowly decreasing as the melting process continues.
Table 2: Measurement equipment

Component
Pressure sensor
Differential pressure sensor
Temperature sensor flow
Temperature sensor PCM
Mass flow meter glycol
Mass flow meter CO2
2.3.

Type/Producer
Cerabar S PMP71 / Endress+Hauser
Deltabar S PMD75 / Endress+Hauser
Class B RTD Pt100 / RS PRO
K-type thermocouples / RS PRO
RHM 15 Coriolis meter/ Rheonik
RHM 06 Coriolis meter / Rheonik

Indicated accuracy
± 0.075 % of set span
± 0.05 % of set span
± 0.12 % of resistance
± 0.75 % of range
± 0.2 % of rate
± 0.2 % of rate

Integration in a refrigeration system

The unit is designed to be integrated and operated as a CTES system in a pumped CO2 secondary
refrigeration circuit. A case example showing how to integrate and operate the CTES unit in an
NH3/CO2 cascade refrigeration system for a food processing plant now follows. The design of the
cascade system is taken from a poultry processing plant under construction in central Norway.
NH3/CO2 cascade systems are gaining popularity for large refrigeration systems, and they show
advantages over pure NH3 systems for evaporation temperatures at -40°C and lower (Bingming et
al., 2009) (Dopazo et al., 2011). Using CO2 in the lower stage as a pump-circulated secondary
refrigerant offers operating benefits compared to traditional brines, especially for long piping
distances. Reduced pipe diameter, low pumping costs, no toxicity or flammability concerns, as well
as high heat transfer in process equipment by direct evaporation are some of the favorable
features of using CO2 as a secondary fluid. CTES implemented in these types of systems can offer
compressor power peak load shifting when they are installed in the low-temperature stages
(Selvnes et al., 2018). The CTES unit proposed in this paper is intended to work as an alternative
to the traditional sensible thermal storages, such as ice water tanks often used as peak shaving
devices in the food industry. A simplified flowsheet of the bottom cycle of the cascade refrigeration
system with integration of the CTES unit is shown in Fig. 4 below.

Figure 4: Example on how to integrate the CTES unit in a secondary refrigeration circuit

The bottom cycle consists of a -5°C and -40◌ׄ°C temperature level for cooling and freezing
applications, respectively. The refrigerant is pump-circulated and distributed from the two liquid
receivers with a typical circulating rate of 3, referring to the ratio of evaporated refrigerant to the
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total amount of refrigerant pumped to the evaporators. The evaporated refrigerant at -40◌ׄ°C
returning from the process equipment in the plant is compressed to -5°C saturation pressure
(30.47 bar) and then condensed in the cascade HX. The return line from the -5°C distribution pipe
is directed back to the liquid separator, and the gas is condensed in the cascade HX by natural
circulation. The additional piping required for integration of the CTES system is displayed with
green color in Fig. 4. In the example shown here, the CTES system works as a peak shaving
device at the -5°C temperature level in the plant. The focus of the integration is to use the
equipment already required for conventional operation to charge and discharge the CTES system.
During the hours without production, (night) the load on the refrigeration system is only to maintain
the set-point temperature in the cold storages. Consequently, there is compressor capacity
available to charge the CTES system. During charging valve V-01, V-02 and V-04 are closed, while
V-03 and V-05 are open. CO2 liquid from the -5°C liquid separator is throttled to -20°C saturation
temperature (19.72 bar), and evaporated in the CTES unit while exchanging heat with the PCM. An
appropriate phase change temperature for the PCM for this temperature level is -10°C, giving a 5 K
temperature difference between the refrigerant and the solid PCM. Possible candidates to use as
PCM are based on paraffin or salt-hydrate/water mixture. The evaporated CO2 is compressed and
delivered to the cascade HX by one of the machines in the compressor rack.
During peak hours of production, the system can be discharged to unload the R717 compressors
in the upper part of the cascade. Valve V-01, V-02 and V-04 are now open, while V-03 and V-05
are closed. The two-phase mixture in the -5°C return line from the plant is directed to the CTES
unit where the gas is condensed before returned to the liquid separator. If the storage does not
have the capacity to condense the returning refrigerant completely, the remaining gas is
condensed in the cascade HX. The CTES system can be extended to the required storage
capacity and condensing duty by connecting more units in parallel.

3. CONCLUSIONS
This paper presents the design of a novel CTES unit that is suitable for installing in industrial
refrigeration systems using CO2 as refrigerant. An example of how to integrate and operate the CTES
unit in an NH3/CO2 cascade refrigeration system is shown in section 2.3. The design of the unit is
based on a type of HX plates called pillow plates. The flexible design of the prototype allows for
variation of important geometric parameters during the experimental campaign, such as the plate
welding pattern, the distance between plates in the stack and the total number of plates. The
arrangement enables optimizing the unit geometry to fit PCMs with different thermal properties.
An associated test rig using oil-free CO2 as refrigerant was developed to investigate the performance
of the prototype CTES unit. It is designed to handle experimental studies involving PCMs with phase
change temperature in the range from 0°C to -45°C, which is adapted to the required temperature
levels in the food processing industry. The working fluid in the test facility is pump-circulated. The
test facility is able to operate both in charging and in discharging mode. During discharging, an
electrically heated closed-loop glycol circuit provides heat input to the oil-free CO2. The CO2
condenses in the CTES unit while melting the PCM. In charging mode, liquid refrigerant is pumped
through the CTES unit. The refrigerant evaporates while it solidifies the PCM. The refrigerant gas is
condensed in an HX connected to a centralized CO2 refrigeration unit in the laboratory. The
centralized unit can provide refrigeration from -5°C down to -53°C. This enables tests of lowtemperature PCMs, too. These investigations will be performed after the tests with water as PCM.
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ABSTRACT
Cold-rooms are widely used in food retail and food service industry. The objective of this work is to
present an optimized control strategy to enhance the performance of the cold-rooms, with special
emphasis on energy savings through defrost optimization. A novel cold-room control algorithm was
developed to predict the frost level accumulated on the evaporator so the controller is able to
launch defrosts only when necessary, skipping unnecessary defrosts, which negatively affects
energy consumption. The control is also able to manage the evaporator fans according to the frost
level, providing free-cooling when the frost level is suitable to cool down the cold-room without
using the compressor. The new algorithm was tested in four cold-rooms working under different
conditions and satisfactory results were obtained. All cold-rooms drastically decreased their
number of defrosts (reaching up to 90% reduction) and obtained important energy savings, from
15.9% to 39.3%.
Keywords: Cold-room, Control (automatic), Cooling, Defrosting, Energy saving

1. INTRODUCTION
Refrigeration is an important energy consumer of the food preservation market (cold chain), for
example supermarkets spend from 40% to 60% of their total energy requirements on refrigeration,
to ensure the effectivity of the cold chain (Howell et al., 1999, and Axell and Fahlen, 2002).
One of the main problems of cold-rooms is the frost that builds-up on evaporators, decreasing heat
transfer efficiency and, in the worst scenario, causing the blockage of the evaporator coil, impeding
the cold-room temperature to reach the set-point. In order to avoid this issue defrosts are
periodically launched to avoid frost accumulation. However, this process consumes an important
amount of energy, especially if electric heaters are used. In this case defrost consumption can be
around 25% of the total energy demand of a refrigerator (Kazachi, 2001). Therefore, decreasing
the number of defrosts can produce important energy savings.
Many researchers carried out studies to accurately control defrost cycles, because they are
commonly launched at pre-set times, resulting in unnecessary defrost processes and/or possible
evaporator blockage situations. Allard and Heinzen (1988) designed a loop system for launching
the defrost based on the defrost time. Also, Mastrullo et al. (2014) developed a transient model,
which can be used as a tool for setting the parameters for defrost processes. However, the most
extended frost detecting method is the ΔT method, patented by Kinoshita and Sasaki (1983), which
quantifies the frost level on the evaporator by the difference between the indoor air and evaporator
temperature.
This study presents a novel algorithm which is able to predict the frost level accumulated on the
evaporator so defrost is launched only when necessary. The algorithm is also able to efficiently
manage the evaporator fans by their activation according to the frost level, taking advantage of the
cold stored in the frost, hence using it as free-cooling for the cold-room. The performance of this
algorithm under real conditions is presented as the last part of this work, showing an important
reduction of defrosts and high energy savings for all tested cases.
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2. METHODOLOGY
The cold-room control optimization is achieved by a new algorithm integrated in the controller
(patented under reference WO/2018/178465 (Albets et al., 2018)), which is able to optimize defrost
launching and evaporator fan management. These features and some case studies are presented
below.
2.1.

Algorithm technical bases

2.1.1. Frost level calculations: Thermal Variation Easiness (TVE)
The algorithm is able to predict the frost level on the evaporator by calculating a parameter called
Thermal Variation Easiness (TVE). This parameter is calculated using only two temperature
sensors, which are commonly used in commercial refrigeration applications like cold rooms or
refrigerated displays, so no additional sensors are required by the installation.
The TVE quantifies both the thermal inertia of the evaporator and the effectivity of the heat flux
through the evaporator coil. This parameter decreases while the frost builds up on the evaporator
due to the thermal inertia of the frost and its low conductivity, it is therefore necessary to first
knowing the TVE value when the evaporator is free of frost, as a reference. When frost is building
up on the evaporator, the TVE calculation can be compared to the reference value. As further
detailed, if the parameter noticeably differs from reference, a defrost is needed and consequently
launched.
The parameter TVE is calculated according to Eq. (1). Once the liquid solenoid valve is closed after
the cold room air temperature reaches the set point, the evaporator temperature starts rising while
the fans are kept on, thus the heating slope drawn by the evaporator temperature is measured.
The data collection ends when either the solenoid valve opens again or when the evaporator
temperature reaches 0ºC, whichever comes first.

[ (

TVE = (Tevap, f − Tevap,o )· t·∑0 Tcold −room − Tevap
n

)]

−1

Eq. (1)

where Tevap,f is the evaporator temperature at the end of the register, Tevap,o is the evaporator
temperature at the beginning of the register, t is the monitoring time step, and Tcold-room and Tevap are
the cold-room and evaporator temperature, respectively.
According to the TVE formula (Eq.1) a minimum temperature difference between the cold room and
the evaporator is required, sensitive differences are recommended to ensure a consistent TVE
calculation. Based on this, a key point for the new algorithm is the installation of the evaporator
temperature sensor, responsible for measuring the evaporation temperature. Additionally, the
evaporator temperature sensor must be placed where evaporator finishes defrost (evaporator area
where frost remains the longest), ensuring that the evaporator is frost-free after defrost. Ideally, the
temperature sensor should be placed at the entrance of the evaporator between two fins on a coil
pipe right after the expansion valve.
2.1.2. Fan management based on TVE
An advanced fan management is included in the presented algorithm (as published by Maldonado
et al. (2018)). Three modes of fan control were compared to evaluate optimal fan management
regarding energy consumption. The results showed that switching fans and compressor activations
simultaneously (Refrigeration Mode) when frost levels are low, together with activating fans for
certain amount of frost on the evaporator without compressor activation (Free-cooling Mode)
provide optimal energy savings to the system. A final last mode when fans are active regardless of
the compressor status (Evaluation Mode) is applied for computing the frost level, as further
detailed.
The Free-cooling Mode is used only when the algorithm detects enough frost level, in order to take
advantage of the cooling power stored in the frost (as per thermal inertia). As seen in Fig.4
(detailed further down) when the walk-in temperature is within the regulation range and the
compressor is OFF (CMP in Fig.4) the fans are switched ON, venting air on subcooled frost, which
is able to cool down the room without making use of compressor energy. Sometimes this practice
is able to reach set-point again. Energy savings can be achieved, since the compressor is not
activated during this time. These energy savings are additional to the ones obtained from the
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advanced defrost strategy. Therefore, the TVE parameter is used to calculate the frost level
providing the optimization of both defrosts calls and evaporator fans management.
2.1.3. Algorithm general control loop
The two features described in this chapter were embedded in a global adaptive algorithm of the
cold-room controller so that the controller is able to manage all the cold-room required
functionalities.
The algorithm initially calculates the reference value TVEdry , as previsouly explained, as a
reference. TVE values are afterwards calculated at a certain frequency during normal refrigeration
cycles (named TVEfrost) so they can be compared to TVEdry to obtain the frost level. When TVEfrost is
noticeably lower than TVEdry frost presence is detected, due to an evaporator heat transfer
reduction and increased thermal inertia. The TVE variation is named fc and is calculated by dividing
TVEfrost by TVEdry. Hence, fc=1 indicates a frost-free evaporator, while fc<1 indicates some frost
level. Since fc indicates the evaporator frost level, a defrost is launched when fs level is reached,
being fs the maximum frost level accepted. The coefficient fs is initialized at the beginning of the
process and modified by the algorithm based on the desired/expected defrosting time (tmax) as
parametrized. The algorithm changes the fans running mode according to the frost level (fc) so
free-cooling techniques can be applied when the frost level is sufficient.
An algorithm flux diagram is shown in Fig.1. The first step (1) is the initialization of both parameters
fs (frost limit) and tmax (desired/expected defrosting time). In step (2) a defrost is launched in order to
ensure there is no frost on the evaporator for the calculation of the reference TVEdry. The cold-room
is then cooled down to setpoint and kept within the desired temperature for a certain time while the
fan is running in Refrigeration Mode (step 3). Afterwards fans are changed to Evaluation Mode to
calculate the TVE parameter (step 4), which is performed by step 5, when TVEdry is obtained. Fans
are then changed to Refrigeration Mode again (step 6) and later the frost level is calculated as
TVEfrost (step 7). Comparing TVEfrost to TVEdry provides the frost level fc (step 8). If the frost level is
considered low the fans keep running in Refrigeration Mode (step 9), otherwise (sufficient frost is
present) they are switched to Free-cooling Mode (step 10). The frost level is checked at a
frequency depending on the frost level, thus lower evaluation frequencies are applied for low frost
levels, while higher frequencies are used when high frost levels are computed. When the algorithm
detects excessive frost level (fc≤fs) a defrost is launched in order to melt all the ice and entirely
clean the evaporator (step 11). Finally, the last step (12) calculates the time that was needed to
melt the frost and compared to tmax (desired/expected defrosting time) such that fs is corrected
(increased or decreased) depending on the result; i.e. fs is increased if the actual defrosting time
was higher than desired, and decreased in the opposite scenario.

Figure 1: Algorithm control flux diagram (Albets et al., 2018)
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2.2.

Tests for algorithm evaluation: case studies

The new algorithm was tested under real conditions in different scenarios in order to evaluate the
control performance when working in different cold-room temperature conditions and defrost
systems (electric, air, etc.). Tests were performed in walk-ins used by restaurants and catering
companies with remote condensing units. Among the tests cases, 2 freezers (using electric
defrost) and 2 refrigerated cold rooms (using forced air as defrosting system) are detailed in next
section.

3. RESULTS AND DISCUSSION
3.1.

Test cases

The characteristics of the four tested walk-ins are listed in Table 1.
Table 1. Testing cold room characteristics

Volume (m3)

Refrigerated cold Refrigerated cold
room 1
room 2
10
10

Freezing cold
room 1
5

Freezing cold
room 2
70

Setpoint (ºC)

1.5

1.5

-18

-19

Defrost type

Forced air

Forced air

Electric

Electric

Refrigerant type

R449A

R449A

R404A

R404A

Tests were carried out in order to evaluate the control performance under different ambient
external conditions, during summer and winter for the refrigerated cold-rooms and during winter for
the freezing cold-rooms. An initial monitoring of the cold-room (when controlled by a previous
standard electronic controller) was performed for all tests cases, including electric energy
consumption. For all test cases, defrosts were launched 4 times per day, lasting 20 minutes each;
and fans were running 24h. Afterwards, the cold-room control was switched to the new presented
algorithm, for evaluation and comparison of the control strategy. Monitoring with the standard
control lasted at least one week, while the monitoring for the new control lasted at least 2 weeks.
The previous control was not modified before the test, which means it worked as usual in each
installation: defrost was finished by time in Refrigerated cold room 1 and Refrigerated cold room 2.
However, there were temperature sensors used to finish the defrost in Freezing cold room 1 and
Freezing cold room 2 when they reached 15ºC and 8ºC, respectively.
3.2.

Discussion

Results are presented and compared with the previous electronic controller evaluating the energy
consumption, the number of defrosts and the time the cold-room temperature is within the
regulation range (setpoint and setpoint+deadband).
Fig.2 shows a comparison of the number of defrost for Freezing cold room 2, first days in red are
previous controller defrost, while data in green is related to the results for the new algorithm,
colour-code applying throughout this work. The new algorithm calculates the frost level on the
evaporator in order to launch defrosts only when necessary, so as it can be clearly seen there is an
important reduction of the number of launched defrosts. The previous controller was programmed
as a standard control to defrost four times per day, however the number of defrost drastically
decreased working with the new algorithm. For several days defrost was not even necessary.
These results demonstrate a good performance of the new algorithm and, at the same time, show
how standard practices are related to excessive defrosts, which is currently the common defrost
management in commercial and industrial refrigeration. It is also important to mention that there
were several consecutive days (up to four) when no defrosts were needed. Also, these results
demonstrate that freezing cold-rooms with refrigerated pre-chambers (as Freezing cold room 1 and
Freezing cold room 2 in this study) do not generally need four daily defrosts.
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Figure 2: Freezing cold room 2 - Number of defrosts with both controls

Fig.3 shows an energy usage comparison for Freezing cold room 2, with standard control and
optimized control (the presented new algorithm). A remarkable energy consumption reduction is
obtained when the new algorithm is controlling the cold room. The consumption varies every day
as it does the cold room activity (number of doors open, material inside the cold room, etc.),
however, both controls follow the same trend according to the week day. The new algorithm shows
energy savings up to 45% being an average of 39.3% for all the testing days.

Figure 3: Freezing cold room 2 - Energy consumption comparison

Energy savings, as previously explained, are produced thanks to the reduction of defrost time
(electric heaters) and the reduction of compressor running time. Since there are less defrosts, less
heat from the defrost heaters is incorporated into the cold-room, hence requiring less refrigeration
power. Additionally, the new algorithm allows the use of the frost accumulated on the evaporator
as free-cooling, so the cycling time is extended and less compressor energy is needed. Moreover,
when comparing to control strategies where fans are kept running 24h, the fans energy
consumption is also lower as less fan time is used by the new algorithm. Fig.4 shows how the new
algorithm is able to decrease the cold room temperature by switching on the evaporator fans
instead of running the compressor (defined as Free-cooling Mode, as previously explained). As
shown in the graph the cold room temperature is able to reach the set-point again (-19ºC) only by
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using the fan, extending the refrigeration cycle. In this example free-cooling is running 9 minutes
out of 37 minutes, an additional 33.3% of free-cooling time.

Figure 4: Free-cooling achieved by the fan management in Freezing cold room 2

A summary of the results for all the cold-rooms is shown in Tables 2 and 3. Freezing cold room 1
obtains high energy savings as the new controller decreases energy consumption from 8.11 kWh
to 5.43 kWh as a daily average (33%). Also, the average defrost calls is less than a defrost per day
(0.6 defrost/day), which compared to 4 defrost/day represents 85% reduction. Similarly, Freezing
cold room 2 presents important energy savings as well, reducing from 22.78 kWh to 13.82 kWh per
day, meaning 39.33% less energy than the needed with the previous control. The average number
of defrosts is also less than one per day (0.4 defrosts/day). This important defrost reduction could
be achieved thanks to the existence of refrigerated pre-chambers for both freezers, helping to keep
low the humidity inside the cold-room, consequently building-up less frost on the evaporator.
Nevertheless, previous controller was launching four defrosts per day, clearly showing how this
amount of defrost was excessive. Finally, it can be observed that Freezing cold room 2 reached an
increase of 8.3% of time in temperature range.
The Refrigerated cold room 1 shows a consumption decrease between 20.81% and 25.49% for
summer and winter, respectively. The new algorithm launches 3.25 defrosts per day instead of 4,
as commonly applied by standard controllers, and increases the time within the desired
temperature range by 1.29% in summer. The Refrigerated cold room 2 also presents energy
consumption savings when the controller uses the new algorithm, decreasing between 15.97% and
23.24%. Also, defrosts are decreased from 4 to 2.79 and 2.35 in summer and winter, respectively.
The time in temperature range was increased by 0.92% in summer, although no variation was
found in winter, mostly because cold-room temperature is affected by the cold-room traffic.
Table 2. Freezing cold-rooms results

Test

Period
test

Freezing
cold room
1

Winter

Freezing
cold room
2

Winter

Type of
control

Previous
control
New
algorithm
Previous
control
New
algorithm

Daily
average
energy
consumption
(kWh/day)

Energy
savings
achieved
(%)

Average
defrosts
per day

8.11

-

4

5.43

33

0.6

22.78

-

4

85

0.4

93.3

13.82

39.33
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Table 3. Refrigerated cold-rooms results

Test

Period
test

Type of
control

Refrigerated
cold room 1

Summer

Previous
control
New
algorithm
Previous
control
New
algorithm
Previous
control
New
algorithm
Previous
control
New
algorithm
Previous
control
New
algorithm
Previous
control
New
algorithm

Winter

Refrigerated
cold room 2

Summer

Winter

Freezing
cold room 1
Freezing
cold room 2

Winter

Winter

Daily
average
energy
consumption
(kWh/day)

Energy
savings
achieved
(%)

Average
defrosts
per day

Time
temperature
within
control
range (%)

11.29

-

4

95.8

8.94

20.81

3.25

97.09

5.64

-

4

98.45

4.20

25.49

2.45

98.44

16.28

-

4

87.42

13.68

15.97

2.79

88.34

8.39

-

4

96.5

6.44

23.24

2.35

96.82

8.11

-

4

N/A

5.43

33

0.6

N/A

22.78

-

4

85

0.4

93.3

13.82

39.33

4. CONCLUSIONS
The new control algorithm presented in this paper is based on the TVE parameter. The new
algorithm is able to estimate the frost level using two temperature sensors, using this information to
launch defrosts only when necessary. The algorithm is also able to use the frost level information
to optimally manage the evaporator fans, so that free-cooling is applied to cool down the cold
room, providing remarkable energy savings, with respect to standard practices. Several case
studies are also presented. The algorithm was embedded in a cold-room controller (Albets et al.,
2018) to be tested under real conditions, evaluating its performance regarding defrosts calls,
energy usage and time within temperature desired range. All four test cases presented high energy
savings, ranging from 15.97% to 39.33%, especially for the cold-rooms that used electric heaters
for defrosting. These energy savings are also attributed to the advanced fan management, which
made use of free-cooling techniques. All cases also presented a drastic defrost call reduction. This
fact demonstrates how standard controlling techniques generally perform unnecessary defrosts.
For instance, current test cases presented a reduction from 4 defrosts per day (with previous
controller) to 0.4-3.25 defrosts per day. Remarkably, Freezing cold room 2 did not need more than
a defrost in 4 days. Finally, the new algorithm allowed the cold-room temperature to be within the
desired temperature range for longer periods of time, especially in summer, supporting the food
conservation quality.
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ABSTRACT
An experimental comparison of the use of R134a and R1234ze(E) in a semi-hermetic reciprocating
compressor is presented in this paper. The comparison deals with the mass flow rate at
compressor suction, the compressor power consumption and refrigerant temperature at
compressor discharge. These parameters are measured using a dedicated experimental set-up.
Twenty-five experimental working conditions that cover a large part of the compressor envelope
are considered and a fitting procedure as per international standards is carried out for a deeper
comparison. The results show that the use of the refrigerant R1234ze(E) leads to an average
reduction of the sucked mass flow rate equal to 19.4%, to an average reduction of the compressor
power consumption equal to 24.4% and to an average reduction of refrigerant temperature at
compressor discharge equal to 9.2 °C.
Keywords: Compressor; Experimentation; R1234ze(E); R134a

1. INTRODUCTION
In the last years, the EU 517/2014 regulation (European Union, 2014) together with the Kigali
amendment (United Nations, 2016) have introduced more and more restriction on the use of
refrigerants with high Global Warning Potential (GWP): As a consequence, new substances are
continuously appearing on the market to respond to the need of the air conditioning and
refrigeration industry. Both new synthetic refrigerants and old natural substances are considered,
analysed and tested in vapour compression systems but, to date, no final substitutes are found.
Among the different alternatives (Domanski et al., 2017), R1234ze(E) gained attention (MotaBabiloni et al., 2016) in the last years since it seems to be less ﬂammable than R1234yf (Kondo et
al., 2012) and it is suitable for high temperature heat pump (Fukuda et al., 2014).
Mota-Babiloni et al. (2014) carried out an experimental analysis of the use of R134a, R1234yf and
R1234ze(E) in a drop-in application. They found that the volumetric efficiency of the compressor
working with R1234ze(E) is from 5% to 6% lower than that of the R134a. Moreover, an average
cooling capacity reduction equal to 30% and a COP reduction between 2% and 8% when using the
HFO refrigerant was found.
Sethi et al. (2016) compared the performance of R1234yf and R1234ze(E) versus R134a in a
vending machine system. They found that, in a drop-in application, the use of R1234ze(E) leads to
about 25% capacity reduction with similar COP. Conversely, when a larger compressor was used
to match the capacity of R134a, a lower efficiency was obtained due to higher pressure drop in the
system.
Nawaz et al. (2017) theoretically analysed the use of R1234yf and R1234ze(E) on a residential
heat pump water heater. A model of the system was first tuned on R134a experimental results and
then used to carry out a series of parametric analyses. They found that R1234ze(E) exhibits a
lower heating capacity, hence the need of a larger compressor, and slightly lower compressor
discharge temperature, allowing for the use of the same lubricant.
Mota-Babiloni et al. (2017) experimentally compared the performance of a water-to-water system
using R134a and R1234ze(E) with the aim of achieving the same cooling capacity. They found that
an increase of compressor swept volume and the use of an internal heat exchanger compulsory for
the HFO based system to perform similarly to the R134a one. Otherwise, a reduction of the
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refrigerant mass flow rate between 18% and 29% and a subsequent reduction of the cooling
capacity reduction, between 22% and 34%, might arise.
Aprea et al. (2018) carried out a comparative analysis of the use of R134a and of R1234ze(E) in a
domestic refrigerator. They optimized the refrigerant charge in a pull-down test finding that the
optimal charge of R1234ze(E) is 35% greater than the R134a. During 1-day tests, the R1234ze(E)
system showed a reduction of the compressor power consumption that led to a 9% energy saving.
All the aforementioned papers provide valuable information about the use of R1234ze(E) in vapour
compression systems. However, even if some information is provided, the literature analysis shows
that the great majority of the studies are focused more on the system than on the compressor that
works with R1234ze(E). Therefore, the goal of the present paper is to analyse only the
performance of a semi-hermetic reciprocating compressor working with R1234ze(E). An
experimental activity on R134a is carried out too in order to establish a baseline for performance
comparison.

2. EXPERIMENTAL SET-UP
The layout of the experimental set-up used to assess the refrigerant performance is shown in
Figure 1. The test rig mimics a water-to-water system and consists of three diﬀerent loops: the
refrigerant loop, the water-ethylene glycol cold loop and the hot water loop. The refrigerant loop is
used to reach the desired superheating at compressor inlet acting on the expansion valve set-point
whereas the two other loops are used to set the water mass ﬂow rates and the temperatures at the
outlets of their heat exchangers. This, in turn, leads to different evaporating and condensing
pressure and, therefore, to different compressor operating conditions. More details about the
experimental set-up are found in Molinaroli et al. (2018).
The compressor used in the experimental campaign is a semi-hermetic reciprocating compressor
with nominal swept volume equal to 13.15 m3·h-1 at 50 Hz and ISO32 POE oil.

Figure 1. Layout of the experimental set-up.

The test rig was equipped with instrumentations that allow for the data acquisition of the main
parameters such as pressures, temperatures, ﬂow rates and power. The positions of all the
measurement devices are shown in Figure 1 while the main characteristics of the instrumentation
relevant to compressor analysis are collected in Table 1.
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Table 1. Measurement instrumentation and accuracy.

Parameter
Refrigerant mass ﬂow rate
Refrigerant suction pressure
Refrigerant discharge
pressure
Refrigerant temperature
Electric power

Instrument
Range
−1
Coriolis mass ﬂow metre 0 kg·h - 300 kg·h−1
Pressure transducer
0 kPa - 600 kPa

Accuracy
±0.15% r.v.
±0.3% f.s.

Pressure transducer

0 kPa - 4000 kPa

±0.3% f.s.

RTD Pt100
Power transducer

243.15 K - 343.15 K
0 W - 4000 W

±0.1 K
±0.2% f.s.

Finally, the experimental procedure used to carry out each test of the experimental campaign is the
following:
1.
2.
3.
4.

5.

The temperatures of the cold and hot thermostatic baths are set to the desired value.
The pumps of the cold and hot loop are switched on and the RPM are set to values needed
by the test.
The compressor and the electronic expansion valve are switched on. The oil level on the
compressor glass is checked.
Once the pressures and the temperatures at compressor inlet and outlet has reached the
value required by the test, the data acquisition starts with a sample rate equal to 1 s. For
each of the measured datum, the simple moving average is calculated considering the last
900 samples. The oil level on the compressor glass is checked again for stability purpose.
If the deviation of each measured pressure and temperature lies within ± 10 kPa and ± 0.2 K
respectively, the test is considered in steady-state condition and further 900 samples are
recorded for data analysis.

3. RESULTS
The experimental campaign is organized in 5 groups of 5 tests each that are repeated for R134a
and for R1234ze(E). The tests condition are reported in Table 2.
Table 2. Test conditions.

Group
1
2
3
4
5

f [Hz]
50
50
50
50
50

ΔTSUP [°C]
8
8
8
8
8

TG,OUT,EVAP [°C]
-5
0
5
10
15

TW,OUT,COND [°C]
35,45,55,65,75
35,45,55,65,75
35,45,55,65,75
35,45,55,65,75
35,45,55,65,75

Overall, 25 working conditions are available for each refrigerant.
The experimental campaign is carried out setting a constant temperature at evaporator and
condenser outlet instead of constant evaporating and condensing temperatures. This may lead to
an improper comparison of the compressor performance between the R134a and R1234ze(E).
Therefore, in order to overcome this issue, the performance data are interpolated using a third
degree polynomial formula as per EN 12900 standard. The general form of the polynomial
equation is the following:
𝑋𝑋 = 𝑎𝑎0 + 𝑎𝑎1 𝑆𝑆𝑆𝑆𝑆𝑆 + 𝑎𝑎2 𝑆𝑆𝑆𝑆𝑆𝑆 + 𝑎𝑎3 𝑆𝑆𝑆𝑆𝑆𝑆 2 + 𝑎𝑎4 𝑆𝑆𝑆𝑆𝑆𝑆 ∙ 𝑆𝑆𝑆𝑆𝑆𝑆 + 𝑎𝑎5 𝑆𝑆𝑆𝑆𝑆𝑆 2 + 𝑎𝑎6 𝑆𝑆𝑆𝑆𝑆𝑆 3 + 𝑎𝑎7 𝑆𝑆𝑆𝑆𝑆𝑆 2 ∙ 𝑆𝑆𝑆𝑆𝑆𝑆 +
+𝑎𝑎8 𝑆𝑆𝑆𝑆𝑆𝑆 ∙ 𝑆𝑆𝑆𝑆𝑆𝑆 2 + 𝑎𝑎9 𝑆𝑆𝑆𝑆𝑆𝑆 3

Eq. (1)

Where 𝑋𝑋 stands for the refrigerant mass flow rate at compressor suction (𝑚𝑚̇𝑆𝑆𝑆𝑆𝑆𝑆 ) or the compressor
electric power consumption (𝑊𝑊̇𝐸𝐸𝐸𝐸 ) or the refrigerant temperature at compressor discharge (𝑇𝑇𝐷𝐷𝐷𝐷𝐷𝐷 )
whereas 𝑆𝑆𝑆𝑆𝑆𝑆 and 𝑆𝑆𝑆𝑆𝑆𝑆 are the saturation suction and saturation discharge temperatures
respectively, i.e. the evaporating and condensing dew point temperatures at the suction and
discharge pressures respectively. The 10 coefficients of the polynomial are reported in Table 3.
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Table 3. Coefficients of the polynomial representation of the compressor performance.

Coefficient
𝑎𝑎0
𝑎𝑎1
𝑎𝑎2
𝑎𝑎3
𝑎𝑎4
𝑎𝑎5
𝑎𝑎6
𝑎𝑎7
𝑎𝑎8
𝑎𝑎9

𝑚𝑚̇𝑆𝑆𝑆𝑆𝑆𝑆
1.77·102
6.47·100
-2.33·10-1
1.62·10-1
5.23·10-3

R134a
𝑊𝑊̇𝐸𝐸𝐸𝐸
7.56·102
-1.85·101
3.57·101
-9.21·10-1
8.21·10-1

𝑇𝑇𝐷𝐷𝐷𝐷𝐷𝐷
1.78·101
-4.11·10-1
1.29·100
1.65·10-2
-1.12·10-2

-1.01·10-2
-3.25·10-4
-1.78·10-3
-2.70·10-4
3.82·10-5

-7.51·10-2
-8.62·10-3
1.05·10-2
4.16·10-3
-1.01·10-3

-8.18·10-2
-4.98·10-4
-9.90·10-5
1.30·10-5
5.18·10-6

𝑚𝑚̇𝑆𝑆𝑆𝑆𝑆𝑆
1.76·102
5.03·100
-2.02·100
1.18·10-1
-5.33·10-3

R1234ze(E)
𝑊𝑊̇𝐸𝐸𝐸𝐸
7.64·102
-1.97·101
2.08·101
-6.45·10-1
8.35·10-1

𝑇𝑇𝐷𝐷𝐷𝐷𝐷𝐷
2.67·101
-6.88·10-1
6.60·10-1
2.32·10-2
1.10·10-2

2.30·10-2
2.17·10-4
-1.08·10-3
1.33·10-4
-1.42·10-4

1.57·10-2
1.06·10-2
3.37·10-3
1.27·10-3
-1.19·10-3

6.30·10-3
-1.68·10-3
2.74·10-4
-1.33·10-4
-3.28·10-5

The polynomial representation is valid for 𝑆𝑆𝑆𝑆𝑆𝑆 within the range from -10 °C to 12.5 °C and for 𝑆𝑆𝑆𝑆𝑆𝑆
within the range from 30 °C to 80 °C.
The trend of the mass flow rate at compressor suction in the range of considered evaporating and
condensing temperatures is depicted in Figure 2 for R134a and in Figure 3 for R1234ze(E). The
results indicate the mass flow rate sucked by the compressor strongly reduces when R1234ze(E)
is used as refrigerant since an average reduction equal to 19.4% is found. This is mainly due to the
lower density of R1234ze(E) since its density at compressor suction is about 18.5% lower than that
of R134a in the range of the evaporating temperatures used in this study. The reduction reaches
its minimum value, 8.8%, in the top-right corner of the envelope, i.e. highest evaporating and
condensing temperature, and gets lower as the evaporating or the condensing temperature
reduce.

Figure 2. R134a mass flow rate at compressor suction.
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Figure 3. R1234ze(E) a mass flow rate at compressor suction.

The compressor electric power consumption as a function of evaporating and condensing
temperatures is depicted in Figure 4 and in Figure 5 for R134a and for R1234ze(E) respectively.
The results indicate the compressor power consumption is considerably lower when R1234ze(E) is
used as refrigerant since an average reduction equal to 24.4% is found. This is mainly due to the
just stated reduction of refrigerant mass flow rate. The reduction reaches its maximum value,
29.5%, in the top-left corner of the envelope, i.e. lowest evaporating temperature and highest
condensing temperature, and gets lower as the evaporating or the condensing temperature
increase.

Figure 4. Electric power consumption for the compressor working with R134a.
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Figure 5. Electric power consumption for the compressor working with R1234ze(E).

Finally, Figure 6 and Figure 7 report the refrigerant temperature at compressor discharge for
R134a and R1234ze(E) respectively. Overall, the results show that the temperatures at
compressor discharge achieved with R1234ze(E) are lower than those achieved with R134a. The
average difference is equal to 9.2 °C and is for sure beneficial for compressor operation. This can
be explained considering that, at the same evaporating and condensing temperatures, the
pressure ration of the two refrigerants is very similar but the molar mass is different. Indeed, the
molar mass of R1234ze(E), 114 g·mol-1, is higher than the molar mass of R134a, 102 g·mol-1.
Under the same pressure ratio, the higher the molar mass, the lower the temperature increase in
an isentropic, and hence in a real, compression process. The discharge temperature reduction
reaches its minimum value, 2.2 °C, in the bottom-right corner of the envelope, i.e. highest
evaporating and lowest condensing temperature, and increases as the evaporating temperature
reduces or the condensing temperature increases.

Figure 6. R134a temperature at compressor discharge.
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Figure 7. R1234ze(E) temperature at compressor discharge.

4. CONCLUSIONS
In the present paper, an experimental comparison of the use of R134a and R1234ze(E) in a semihermetic reciprocating compressor is carried out. The analysis considers the mass flow rate at
compressor suction, the compressor power consumption and refrigerant temperature at
compressor discharge. These parameters are first measured on 25 experimental test conditions
that cover a large part of the compressor envelope and are then fitted using ten coefficients
polynomials for a deeper comparison. The results show that when the refrigerant R1234ze(E), a
general reduction of the sucked mass flow rate, of the compressor power consumption and of the
refrigerant temperature at compressor discharge are achieved. More in detail, compared to R134a,
the reduction of the refrigerant mass flow rate at compressor ranges from 8.8% to 38.9%, the
reduction of power consumption ranges from 20.4% to 29.5% and, finally, the reduction of
refrigerant temperature at compressor discharge ranges from 2.2 °C to 15.6 °C.
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NOMENCLATURE
f

frequency (Hz)

𝑚𝑚̇𝑆𝑆𝑆𝑆𝑆𝑆

SST

SDT
𝑇𝑇𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶
𝑇𝑇𝐷𝐷𝐷𝐷𝐷𝐷

mass flow rate at compressor
suction (kg·h-1)
Saturation Suction Temperature
(°C)
Saturation Discharge Temperature
(°C)
condensing temperature (°C)
temperature at compressor
discharge (°C)

𝑇𝑇𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸

𝑇𝑇𝐺𝐺,𝑂𝑂𝑂𝑂𝑂𝑂,𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸

𝑇𝑇𝑊𝑊,𝑂𝑂𝑂𝑂𝑂𝑂,𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶
𝑊𝑊̇𝐸𝐸𝐸𝐸

ΔTSUP

evaporating temperature (°C)
temperature of the water-ethylene
glycol at evaporator outlet (°C)
temperature of the water at condenser
outlet (°C)
electric power (W)

superheating at compressor suction
(°C)
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ABSTRACT
The current HFC refrigerant market scenario represents one of the biggest challenges that
stakeholders of commercial & industrial refrigeration and HVAC systems have faced during the last
years. Precisely, regulatory restrictions are nowadays causing acute inflation and limited
availability for several HFC refrigerants in Europe. Refrigerant leaks are the main root of this
situation and their reduction must be part of the final solution. With the ultimate goal of reducing
refrigerant leakage in refrigeration systems, a novel smart early detection system for refrigerants,
based on highly sensitive, selective and accurate HFC-gas transmitters, is presented. Thanks to a
connected network of transmitters, the system provides information about the time, leak location
and severity (economical, operative and environmental impact) of the refrigerant leaks, making use
of computed smart leak indicators. The system is built on two main assets: (i) an early detection
ability and (ii) a correct categorization and localization (in space and time) of the leak by the
computing platform.
Keywords: Containment, F-Gas (Fluorinated Gas), Leakage, Maintenance.

1. INTRODUCTION
The European Union (EU), led by the F-Gas regulation, is nowadays under a strict HFC phasedown quota-production system which is inflicting a high inflation on HFC refrigerants (some of them
becoming unavailable) (Putting into Use Replacement Refrigerants, 2018). Such scenario depicts
how international refrigerant markets will evolve, since the Kigali amendment will impose a HFC
phase-down worldwide (United Nations Environment Programme, 2016). Indeed refrigeration
stakeholders are now facing in Europe a HFC refrigerant market shrinkage without clear
technological alternatives, becoming an unprecedented challenge for the sector, as the widely
used HFC refrigerants are becoming extremely expensive or even unavailable. More concretely,
refrigeration end-users, owners of several thousands of HFC-based commercial and industrial
refrigeration installations with high or very high leak rates -between 15% and 35% of total charge
per year (Barrault et al., 2017) - depend upon big amounts of fresh refrigerant to replace the leaked
quantities. This fresh refrigerant is therefore critical, as it is needed to maintain both refrigeration
systems and business models operational. This is especially troubling for refrigeration installations
that were designed and commissioned during the last 10 years (not fully amortized) that are fully
operational and efficient, despite their leakages and their dependency upon big amounts of
refrigerant. The sector is now timidly facing the problem in two different ways, a) retrofitting the
refrigeration systems (usually without sufficient good practices) with lower-Global Warming
Potential (GWP) HFC blends, despite decreasing the system efficiency and, sometimes, safety;
and b) dismantling the HFC-based systems to shift towards new refrigeration apparatus based on
natural refrigerants (especially CO2 and centralised transcritical CO2) or mildly flammable HFO
refrigerants (EU commission, 2017). Unfortunately, both approaches are not either definite or, at
present moment, general. On the one hand, retrofits are still based on HFC-blends, which will keep
becoming more expensive and hardly available as HFC phase-down goes ahead in the next years.
On the other hand, a complete conversion of all refrigeration installations towards natural/mildly
flammable refrigerants could be possible in a time frame not shorter than 10-15 years from now, as
per technical reasons (for instance, there is still a general current lack of know-how among small
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and medium-sized contractors concerning new refrigerants) and – most importantly- due to
financial aspects; remarkably for those refrigeration systems still not fully paid / amortized.
Refrigeration end-users are, therefore, facing a challenging scenario where decisions are difficult
to make. Precisely, the goal of this paper is to present an additional low-cost alternative: a system
to detect and localize refrigerant leaks at very early stages (under patent Albets-Chico et al., 2019).
The system can, consequently, prevent refrigerant leakage in sensitive amounts without the need
of constant, expensive and, sometimes, unfruitful maintenance leak inspections. Moreover, proper
leak categorization through the computing power (on an internet-server or cloud) relating
concentration readings (particles per million: ppm) with leak intensity (kg/year), allows to optimally
manage the leak information, prioritising inspection and repair resources based on the severity of
the leak. A proper use of the system will help to maintain the refrigerants inside the cooling system
with only few selective and precise interventions on the refrigeration facility.
The paper is organized as follows: Section 2 presents the smart early detection system
components and system performance. Section 3 briefly describes refrigerant leak modelling.
Section 4 describes the computational method for the generation of smart leak indicators, based
on the models. Section 5 shows some real-case early leak detection cases and comparison to the
presented model. Finally, Section 6 summarizes the concluding remarks of this work.

2. COMPONENTS OF THE SMART EARLY DETECTION SYSTEM
The smart early detection system for gas leaks in refrigeration applications is composed by three
main components: i) on-site early detection by means of sensitive sensors/transmitters, ii) a
connectivity method to communicate the on-site information to a third component: iii) a computing
platform where the information is registered, analysed and leak indicators are computed. The three
components are briefly described in the next sub-sections.
2.1.

Refrigerant sensor & transmitter network

There are several technologies for detection of refrigerants in general and HFC in particular. The
refrigeration sector has historically and widely used the semi-conductor or Metal Oxide
Semiconductor (MOS) technology for refrigerant detection. This technology is limited by several
drawbacks and it cannot be used by an early detection system, as namely selectivity, sensitivity,
precision and accuracy are slightly poor and detection below 50 particles per million (hereafter
ppm) is not possible and/or related to many false alarms due to the limited selectivity of the target
gas by MOS technology. As further discussed, refrigerant early detection systems require
sensitivity thresholds below sometimes even 20 ppm, therefore requiring technologies such as
NDIR (Non Dispersive Infrared) or PIR (Photoacoustic Infra Red), where sensitivity is below 10
ppm and both selectivity and accuracy are generally very high. For brevity, further discussions
about the pro and cons related to gas detection technologies are here dismissed. The system here
presented make use of a distributed network of NDIR sensors with accuracy/precision below 2%
error, high selectivity and sensitivity below 5 ppm. The sensors are integrated into an on-site robust
filtering device (transmitter) that reads the sensor information such that it can be communicated via
different means, as discussed in section 2.2.
2.2.

Connectivity

As said, the connectivity between the on-site sensing devices/transmitters and the computing
platform (described in next section) is essential in terms of system performance and it is also
related to system robustness and, obviously, acquisition cost. The connectivity is a critical
accessory of the smart early detection system. The system here in consideration is able to connect
the network of on-site transmitters and the computing platform in two different ways: through a
wired RS-485 communication bus using MODBUS protocols, which centralizes the information in a
local gateway which in its turn sends the information to an internet-based computing platform; or
alternatively, through IoT (Internet of Things) cellular telecommunication modules embedded
directly in the on-site transmitters. Such communication modules are based on Narrow Band
technology and they allow to directly send the on-site read sensors/transmitters information to the
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server-based computing platform, without going through wiring and on-site internet access
facilities, factors that are always related to longer and more complex commissioning processes.
2.3.

Computing Platform

Finally, the computing platform represents the core of the smart early detection system, as it is the
component in charge of translating data (concentration readings, time, etc.) into leak information
and the consequent notifications and alarms. Thanks to the alarming/reporting, the refrigeration
end-user or contractor will prompt an early stage localization and repair of the refrigerant leak
before important refrigerant losses are vented to the atmosphere. Beyond the computation of the
leak indicators (which represent the core of this paper) the computational platform is also
responsible for assessing the correct status of the refrigerant transmitters, registering the raw data,
managing the notifications and alarms per transmitter, registering leak information and auditing
leak actions: namely time of detection, time of repair and details about the leak repair that might
become meaningful for maintenance processes, such personnel involved, cause of the leak and
actions that were taken.
2.4.

System performance

The principle of operation is as follows: a network of NDIR transmitters is deployed around the
refrigeration apparatus, placing transmitters in the volumes with higher probability of leakage:
compressor rooms, cold-rooms and/or above cold-rooms ceilings, refrigerated cabinets, liquid lines
(usually in reduced volume ceilings) and condensing units (EPA Report 430-B-11-001, 2011). A
good compromise between leak probability detection and acquisition cost might be between 10
and 25 sensing points for a standard supermarket, for instance. When a leak takes place, a
change of concentration is detected by the closest transmitter and/or transmitters, which sends the
information to the computing platform. When the leak is confirmed by the computing platform an
alarm or notification is sent, together with the respective leak indicators: severity (by modelling the
leak intensity), localization (by triangulation when possible, as further detailed) and probable leak
time, in the case the leak presents some time pattern related to specific refrigeration processes. As
seen, all three indicators provide meaningful information for the early repair: where, when and how
severe is the leak (weight).

3. REFRIGERANT LEAK MODELLING
3.1.

Gas concentration modelling for industrial applications

When a refrigerant leak takes place, refrigerant molecules expand around the refrigeration
apparatus such that a refrigerant concentration distribution (in space and time) is present in the
surrounding volume. How the concentration (hereafter c) of refrigerant evolves in space and time in
such control volume is defined by a classic convection-diffusion equation (Patankar, 1980), i.e. Eq.
(1):

!
∂c
= ∇ ⋅ ( D∇c) − ∇ ⋅ (v c) + L
∂t

Eq. (1)

Where t is time, D is the diffusivity of the refrigerant concentration, vector v is the velocity field and L
is the source of refrigerant concentration (i.e leak). For example, numerical simulations using CFD
techniques are able to solve this transport equation (together with coupled mass and momentum
conservation) and therefore predict the refrigerant concentration within the volume once leak and
boundary conditions for the computational domain are known (Patankar, 1980). Obviously,
numerical simulations are not a practical nor feasible approach for the current industrial problem in
consideration, as computing power and especially modelling of the boundary conditions are not
applicable in a general way. However, from the fundamental equation it is indeed possible to
observe that the evolution of the concentration in time (left hand side of the Eq. 1) depends on the
equilibrium of the diffusion part, the convective part and the source term, which is the refrigerant
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leak when analysing the transport of refrigerant species. Then, for a steady state, an equilibrium
between the source, the diffusive and the convective part is reached for any given control volume.
Then, one could derive a much simpler equation by applying the conservation of mass and the
definition of concentration c as the volume occupied by the refrigerant over the entire volume
(occupied generally by air) where the concentration is sensed, as stated by Eq. (2):
T

c(T ) = 10 6 ∫

0

L(t ) − A(c) − B(t , c)
dt
ρV

Eq. (2)

Being c the concentration in ppm (assuming it is homogenous within all the control volume V), T the
filtering/integration time, L the leak (in grams of refrigerant per hour: g/h) function of time, A the
diffused mass of refrigerant through seals of the volume (in g/h) depending on concentration, B the
out-vented mass of refrigerant through openings and velocity fields of the volume (traffic, in g/h)
function of time and concentration, ρ the density of the refrigerant (in g/m3) and, as said, V the
analysis volume (in m3). This much simpler equation retains the essence of the convectiondiffusion equation (Eq.1) and allows to work with leak intensity in mass/time units. Precisely, the
mass of leaked refrigerant per hour in the volume V, can be obtained if terms A & B are modelled.
Both terms depend on the concentration (the diffusive and convective fluxes are bigger for higher
concentrations) and on the time (as term B might not be constant due to traffic in the volume,
ventilation processes, etc.). As it will be described in next section, a way to statistically correlate
concentration and leak intensity is to model terms A & B for different reference concentrations c
and volumes V (cref and Vref). Hence, when a statistical steady-state concentration c is reached for a
volume V, the leak can be approximately estimated from the diffusion-convection modelled terms A
& B, with corrections when needed, as further detailed.

4. COMPUTATIONAL MODEL FOR LEAK INDICATORS
As previously explained, the early detection of the refrigerant leak captured by the on-site
transmitters require leak indicators for an efficient management, quick localization and repair. The
calculations of the leak indicators are performed at the computing platform, as computing power
and some system considerations are needed. This section will present the technical basis for the
TGCI (Time-Gas Concentration Index) as a leak time indicator, the LPI (Leak Potential Index) and
the LCI (Leak Charge Index) as leak severity indicators and, finally, the coordinates LX, LY and LZ,
i.e. leak coordinates or leak predominant coordinate, when applicable.
4.1.

TGCI: Leak Time indicator

Experience shows that several refrigerant leaks take place at precise moments of the refrigeration
process, for example activation of Hot-Gas valves in defrost systems. In such cases, the refrigerant
concentration reaches a non-trivial steady-state for some short hours during the day, as after the
leaking process is finished, concentration tends to decrease again, as per Eq. (2) (being L=0). The
leak final localization (and repair) must be done when the specific leaking process is taking place,
sometimes at unusual or unavailable maintenance time. The TGCI is an indicator performed on
hourly averages during several days (calendar on demand), indicating the concentration average
per hour, hence showing the most probable hour for the leak to take place, should the leak not be
constant in time. The TGCI is displayed as a histogram for 0-24h, as depicted in Fig. 1(a),
indicating when the leak inspection, final localization and repair should be planned.
4.2.

LPI & LCI: Leak Severity Indicators

After the leak concentration model described in section 3, the computing platform is able to
estimate leak severity when terms A & B are modelled and the approximate volume of the
application V is specified. It is therefore first needed to define the corresponding volume of
detection for each on-site transmitter during commissioning. As said, the computing platform reads
and registers the refrigerant concentration at a defined monitoring frequency. Once a statistical
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averaged concentration c is reached (as filtered by the platform), the transient term of Eq. (1)
vanishes, therefore obtaining the following relationship for the leak, Eq. (3):

L(T ) =

1
T

L(T ) =

c V 1 T
A(cref ) + B(t , cref )dt
cref Vref T ∫0

T

∫

0

A(c) + B(t , c)dt

Eq. (3)
Where T, as previously explained, is a finite filtering/averaging time such that average
concentration c is approximately constant in the period of time T, as assessed by the platform. As
the reader may guess, such approach would need a modelled database of the terms A & B for any
(infinite) volumes V and concentration c, as these two application values can be a priori any real
number and the terms A & B (modelled in terms of mass/time) are indeed different for all
combinations of volumes and concentrations. In order to produce a manageable computational
system, several terms for A & B pairs can be modelled at different (definite) volumes and
concentrations Vref and cref; the system correcting the final leak indicator L with the closest values of
reference (Vref, cref ) with respect the real application values (V, c) after Eq. (4):

Eq. (4)

This linear correction allows to extrapolate the modelled values of A & B defined for concentration
cref when the on-site reading concentration c is of the same order of magnitude; the same
reasoning applying for the volume V. Modelling of A & B pairs can be done both numerically and
experimentally for multiple standard volumes in commercial and industrial refrigeration systems
(ranging from few litters in refrigerated cabinets to thousands of m3 for industrial cold rooms) and at
different concentration levels. For brevity, the modelling of parameters A & B is not detailed in this
work.
Once the averaged refrigerant leak L is computed (in g/h), the Leak Potential Index (LPI) is
computed as the estimation of leaked mass of refrigerant (kg) per year or, alternatively, tons of
CO2 per year, making use of the GWP of the refrigerant of the system (if parameterized at the
computing platform) assuming that the computed leak will remain unattended and constant
throughout the year. This indicator allows to assess the severity of the leak, if left unattended, from
both economic and environmental points of view and, therefore, manage its priority in terms of onsite inspection and repair. Additionally, a second severity indicator, the so-called Leak Charge
Index (LCI), is computed at the platform. This index is obtained by dividing the yearly estimated
leak (LPI in kg/year) by the total charge of refrigerant of the installation (kg), hence stating the % of
refrigerant system loss that will be produced by the detected refrigerant leak, if left unattended. The
LPI and the LCI indicators are displayed as a number by the system, as depicted in Fig. 1(b). It is
important to mention that computing the severity of the leak from the concentration reading is
essential for the industry, as the relationship between the severity of the leak and the concentration
is clearly not linear and, therefore, the concentration reading is not a good indicator –sometimes
even misleading- to acknowledge the severity of the refrigerant leak.

(a)
(b)
Figure 1: (a) Visual display for the TGCI indicator, showing the most probable leak time at 13h;
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(b) Visual display for leak severity indicators LPI and LCI.
4.3.

LX, LY and LZ: Leak coordinates

An important refrigerant leak early detection support indicator is the triangulation of the leak
coordinates based on several concentration readings from different transmitters. As the reader
may infer, when only one transmitter is placed in a volume V, such triangulation process is not
possible, being the spatial coordinates of the on-site transmitter the best guess for the leak
coordinates. On the other hand, when several transmitters share a generally extended volume (for
instance, an industrial cold room or a suspended ceiling), the different time-concentration
behaviour of the transmitters can be used to estimate the leak position, making use of the transient
term of the leak modelling defined in section 3, since the detection time will be generally shorter at
shorter distances of the leak.
Therefore, the computing platform requires the spatial coordinates (x, y, z) for all system
transmitters (coordinates that can be defined either by Indoor Positioning Systems IPS or by a
manual entry, together with the definition of a reference for the coordinates at the commissioning of
the system). Additionally, the computing platform requires to relate the neighbour transmitters
(those that share a volume V) in sets. The neighbour tagging is also performed during
commissioning.
With this information, right after any of the neighbour transmitters detects a refrigerant
concentration change, the computing platform assigns a count-down decreasing time tleak to all
neighbourhood set of transmitters. The leak time-stabilisation concentration for each transmitter
(n), is computed as shown in Eq. (5):
n

n
TC n = (tleak c ) = tleak
⋅ cn

Eq. (5)

Being n an index defining each transmitter (ranging from 1 to N) and tleak the count-down time for
the neighbour set of transmitters. Once a steady-state concentration c is reached for each
transmitter of the set, the respective time tnleak (count-down time required for the concentration to
reach steady-state by transmitter n) is used to compute the leak time-stabilisation concentration TC
for each transmitter, as explained by Eq. (5). Hence, the last transmitter of the set to reach a stable
concentration will present a smaller leak-time than those closer to the leak (as leak-time is a
decreasing but positive number). High leak time-concentration values will be associated to closer
positions to the refrigerant leak (higher concentration and faster leak-time), while low leak timeconcentration values are typical of further positions with respect to the leak (lower concentrations
and slower leak-time).
When all leak time-concentration values have been obtained for the set of transmitters, the system
correlates such values with the respective x, y and z transmitter coordinates. A polynomial
regression model is then applied using the method of least squares, although similar techniques
such splines could be used. For instance, for the leak-x-dependence modelling, a polynomial
TCfit(x) is fitted to the points composed by the actual time-concentration values TC and their
respective x-coordinate per set (generally from x(1) to x(N), N being the transmitters of the
neighbour set, transmitters that share a volume V), as described by Eq. (6):

TC fit ( x) = β 0 + β1 ⋅ x + ...β n ⋅ x n

Eq. (6)

The regression model provides the polynomial TCfit (x) that produces the minimum least squares
with respect the actual values of TC(x). Depending on the number N of available correlation points,
different polynomials can be obtained (linear, cubic, etc.). If an acceptable correlation is obtained
(coefficient of determination R2 >0.6) for any of the three polynomial fittings performed (TCfit(x),
TCfit(y), TCfit(z)) a maximum analysis of each fitted polynomial –per coordinate- can be carried out,
as shown by Eq. (7) for the x-coordinate:
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[

]

x( N )

LX = leak ( x) = MAX TC fit ( x) x (1)

Eq. (7)

If a maximum of the function is within the physical transmitters coordinates (in Eq. (7): x(1)…x(N)),
the leak coordinates (LX, LY, LZ) are obtained as coordinates for maximum TC. It is important to
mention that if the function does not present a maximum within the physical coordinates (as for
example if a linear polynomial is obtained for TC with N=2) a leak preferred orientation can be
derived from the analysis, i.e. increasing or decreasing x with respect to transmitter n.

5. ILLUSTRATIVE RESULTS
In order to illustrate the performance of the system, the LPI and LCI indicators obtained by the
commercial realization of this smart early detection system are presented. The concentration
reading displayed in Fig. 2 was obtained in a 30 m3 cold room of a supermarket in Madrid (Spain)
between 9th and 14th May 2018. This supermarket presented high leak rates for the last years
(above 90% of the nominal refrigerant charge was refilled every year) and the deployment of the
smart early detection system consisted in monitoring compressor room, 4 different cold-rooms, 7
refrigerated displays and the condenser unit.
Cold-‐room	
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Figure 2: R448A concentration inside a supermarket cold-room between 9th and 14th May 2018.

As seen in Fig. 2, refrigerant concentration oscillates (as per the refrigeration cycles inside the
evaporator of the cold room) but shows a clear stable behaviour around 53 ppm. The smart early
detection system immediately identified the leak after commissioning (as the leak existed before
the deployment of the detection system). Leak severity indicators were delivered after the initial
two hours, as modelling values for the mean time integral of terms A + B (1/T(∫A + B dt) ) were
available from experimental tests, as shown in Table 1.
Table 1. Modelling and computing values for leak severity indicators [Eq. (4)]

Vref
(m3)
7

Cref
(ppm)
67

Model Data
1/T ∫Adt
(g/h)
1.45

1/T ∫Bdt
(g/h)
0.21

Application data
Vcold room Ccold room
(m3)
(ppm)
30
53

Leak Severity Indicators
LPI
LCI (%)
(kg/year) (140 kg nominal charge)
49.29
35.2

Hence, after Eq. (4), linearly correcting both concentration and volume, the leak is computed as
5.62 g/h, being the LPI (Leak Potential Index) 49.29 kg/year and the LCI (Leak Charge Index)
35.2%, as the system accounted for 140 kg nominal refrigerant charge. This is to say, the leak
detected in the cold room, if left unattended, would cost around 50 kg of refrigerant per year,
causing the loss of approximately one third of the total refrigerant charge annually. The
supermarket owner, once obtained such information, had no doubts to replace the perforated
evaporator in the following 10 days after detection, despite the very low value of refrigerant
concentration: 53 ppm.
The model displayed by Eq. (3) can also reproduce the cold-room concentration in time, once the
leak intensity, the diffusion and convection parts for the cold-room are known. For that, it is
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ppm

necessary to include time-dependency to the terms B and L, such they mimic the refrigeration
cycle, defrosting and cold-room traffic. Then, when the model applies the estimated leak (as said,
with time average value of 5.62 g/h), a quasi-steady-state cold-room concentration pattern is
obtained, displayed by Fig. 3. As seen, both model and real data remarkably agree, fact that
demonstrates model consistency.
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Figure 3: Comparison between model and real data for the supermarket cold-room (from 24 hour to
th
26 hour)

6. CONCLUSIONS
A smart early detection system for gas leaks in refrigeration applications has been presented. The
system (under patent Albets-Chico et al., 2019) aims to support refrigeration stakeholders to detect
and prevent important refrigerant leakages, nowadays especially relevant due to the current
instable refrigeration HFC market. The system represents a tool to locate (in space and time) and
to estimate the severity of the leak, all three factors essential to manage and optimize maintenance
resources to address the potential refrigerant leaks. Indeed, the system provides information that,
until now, was not available to owners and maintenance teams of refrigeration facilities, making of
leak prevention, detection and repair an extremely difficult task due to the nature of the refrigerant
leaks, generally of few grams per hour and distributed along extended multi-component
refrigeration systems. These facts required the investment of massive leak inspection time to
minimize refrigerant leakage, practice generally not carried-out by the sector.
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ABSTRACT

The research included in this paper was performed in the Thermodynamics Laboratory, part of the
Technical University of Civil Engineering, Bucharest. The research refers to ammonia
condensation in a brazed plate heat exchangers. The authors present a comparative theoretical
modeling of convective heat transfer coefficient on ammonia side, by calculating it using different
correlations currently available in open literature.
At the same time the authors present the experimental set-up, procedures used and measured
values recorded by the data acquisition system. A graphically illustrated comparison is shown
between the experimental and theoretical data, aiming to confirm the correlation’s validity for both
geometry and given operating conditions of the ammonia condenser.
Ammonia use in PHE complies the curent trend of no ozone depleting potential and low global
warming impact refrigerants.
Keywords: Refrigerating systems, ammonia condenser, plate heat exchanger.

1. INTRODUCTION

Plate heat exchangers are used in both condensation and evaporation processes in refrigeration
systems. Plate heat exchangers (PHEs) of chevron type are currently widely used for a broad
range of applications, such as refrigeration and heat pumps cycles, for both single and two-phase
flow duties. Plate heat exchangers are known for their advantages, such as compactness,
expressed in small size and high area to volume ratio, flexibility for desired load, by easily adding
or removing plates, high thermal effectiveness, low operational and maintenance costs, easy
operation and relatively low energy usage. Brazed plate heat exchangers are additionaly fit for
condensation and vaporization of high pressure refrigerant fluids. Condensation performance is
affected by many factors, such as: fluid property, vapor quality, mass flow, plate geometry and
working conditions. There are only few ammonia correlations currently available in the open
literature.
The experimental research has been developed in the Thermodynamics Laboratory of the
Technical University of Civil Engineering in Bucharest.
Over the years, many studies have been done on the heat transfer and flow characteristics during
condensation of refrigerants in plate heat exchangers. In the present study, main concern is to
extend the existing heat transfer coefficient database of ammonia during condensation inside a
brazed plate heat exchanger.

2. EXPERIMENTAL SET-UP

The experimental set-up is schematically shown in Fig. 1, Photo 1 and Photo 2. It consists of an
ammonia loop, and a water/ethylene glycol solution loop, instrumentation and a data acquisition
system. The ammonia loop is a single stage vapor mechanical compression refrigeration system,
consisting of: semi-hermetic screw compressor of 60 kW refrigerating capacity; oil separator; water
cooled plate heat exchanger condenser; horizontal ammonia receiver; liquid ammonia subcooler;
vertical plate heat exchanger evaporator; horizontal liquid separator (surge drum); variable speed
centrifugal pumps (Ilie et al., 2007).
Ammonia is condensed to saturated liquid in the condenser. Liquid ammonia from the condenser is
stored in the horizontal receiver. The single stage vapor mechanical compression refrigeration
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system using ammonia as a refrigerant is fully automated, so the condensing capacity may be
adjusted depending on the cooling medium temperature. In addition, the experimental refrigerating
plant is equipped with a centralized data acquisition system allowing remote control or adjusting of
the working parameters in real time.
The water/ethylene glycol 30vol % solution (brine) loop rejects the thermal load of the PHE type
condenser. This loop consists of a 2000 L capacity well insulated water/ethylene glycol solution
tank provided with a circulation pump and connected to dry coller.

Figure 1: Schematic view of the experimental test rig

Photo 1. Experimental set up

Photo 2. Vertical industrial PHE

The PHE used in the present study is an industrial vertical brazed one (Photo 2), with counter flow
setup (water/ethylene glycol solution flowing upwards on one side in the plates and the refrigerant
flowing downwards on the other). It has 31 symmetric 60º chevron plates made of stainless steel.
The most important geometric characteristics of chevron plates are given in Table 1.
The PHE was well insulated to ensure negligible heat loss. Hence, the heat transfer from the hot
side (condensing ammonia) is assumed to be equal to the heat transfer to cold side (brine).
Table 1. Geometrical characteristics of the condenser

Chevron angle, β
Corrugation depth, b

60°
6 mm
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Corrugation pitch, Pc
Plate thickness, t
Heat transfer area
Total plate length, LV
Total plate width, LW
Port length, Lp
Port width, Lh
Diameter port
Number of plates
Number of plates effective in heat
transfer
Number of channel on refrigerant side
Number of channel on water side
Condenser heat transfer surface

16 mm
0.4mm
6.2 m2
0.618m
0.191m
0.519m
0.092m
60 mm
30
28
14
15
6.2 m2

3. METHODOLOGY
The research aimed to develop a comparative analysis of the convective heat transfer coefficients,
at condensation of the ammonia flow, in brazed PHE determined both experimentally and
theoretically (based on currently available correlations in open literature.
Thermal capacity of the experimental condenser has been determined based on measured
parameters under the operating conditions shown in section 4, on both ammonia and brine side.
Thermal capacity on the brine side has been calculated by:
!b
! b ⋅ c pb ⋅ (t out − t in ) [W]
Eq. (1)
Q
c exp = m
b
b
Thermal capacity on the ammonia side has been calculated by:
! NH 3 = m
Eq. (2)
Q
c exp ! 0 ⋅ Δh [W]
! NH3 have been considered reliable, if they satisfied the
! b and Q
The experimental values of Q
c exp
c exp
energy balance with a deviation of less than 5%.
The overall experimental heat transfer coefficient has been determined by:
!
Q
c
[W/(m2·K)]
Eq. (3)
k exp =
S c ⋅ ΔTm

! - experimental heat transfer rate, [kW] was calculated based on the relation
where: Q
c
b
!
! NH 3
Q
c exp + Q c exp
!
; ∆Tm is the logaritmic mean temperature difference computed with reference
Qc =
2
to average saturation temperature without take into account any subcooling or super-heating (Bell
and Muller, 1984).
The experimental convective heat transfer coefficient on the ammonia side of the condenser is
derived from the global heat transfer coefficient assuming no fouling resistances (Longo, A. G.,
2008):
1 −1
δ
Eq. (4)
−
) [W/(m2·K)]
k exp λ α b
where α b is the brine single-phase heat transfer coefficient [W/(m2·K)], calculated with correlations
mentioned in open literature. The selected correlations are presented in Table 2.
exp

αc

=(

1

−

The theoretical study on ammonia condensing heat transfer coefficient, α cth , was calculated with

correlations indicated in Table 3.

Table 2. Corelations for brine side heat transfer coefficient

Investigator

Corelation
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Longo and Gasparella (2007)
5 < Prb < 10 ; 200 < Re b < 1200
Yi-Ye-Yan (1999)

α b = 0.277 ⋅

λb
⋅ Re 0b.766 ⋅ Prb0.33
d ech

α b = 0.212 ⋅

λb
⋅ Re 0b.778 ⋅ Prb0.33
d ech

α b = 0.46 ⋅

λb
⋅ Re 0b.66 ⋅ Prb0.333
d ech

Mulek and Manglik (1999)
Re ≥ 103 ; 30 ≤ β ≤ 60; 1 ≤ ϕ ≤ 1.5

Table 3. Corelations for ammonia side heat transfer coefficient

Investigator
Yan et al (1999)
R134a, Chevron plate
500 < Re < 1000
60 < G < 120
β = 60 , 0.1 ≤ x m ≤ 0.9
Hausen (1998)

0.0001 < G z < 10
Re < 2300

Corelation  

G
⋅d
Re ech = ech ech
μl

α = 3.66 +

Park et al (1999)

α = 3.223 ⋅

α v = 0.2267 ⋅
α = 0.37 ⋅

Han et al (2003)
R410A, R22

G2
ρ l2 ⋅ c pl ⋅ ΔT

Corrugation piches
7, 5.2 and 4.9 mm
Akers et al (1979)
Herringbone plate
20 < G < 240

pc
G e1 = 11.22 ⋅
d ech

d
; G z = Re⋅ Pr ⋅ ech
H
d ech

λ

1/ 3

ρ l ⋅ (ρ l − ρ v ) ⋅ g ⋅ λ3l

⋅ Re 0.4

μ l2

c pv ⋅ Δh
rc

;

α sat = ϕ ⋅ α A ker s

Tsup − Tsat
λv
⋅ Re 0v.631⋅ Prv0.33 FWebb =
d ech
Tsat − Twall
;

1.07

⋅

ρ l2 ⋅ rc

−2.83

0.91

⋅

G2

α = G e1 ⋅

β = 45°,55°and70° ,

1/ 2

λl
.4916 ⋅ Pr 0.33
⋅ Re 0ech
l
d ech

α = α sat + FWebb ⋅ α v +

Hays and Jokar (2009)

⋅

1 + 0.04 ⋅ (G z ) 2 / 3

α = 0.0077 ⋅

β = 60°

ρ
G ech = [(1 − x m )] + x m ⋅ l
ρv
;

0.0668 ⋅ G z

McAdams (1954)

Webb (1998)

λl
.4 ⋅ Pr 0.33
⋅ Re 0ech
l
d ech

α = 0.4118 ⋅

0.032

⋅

ρl
ρl − ρ v

λl
Ge2
⋅ Re ech
⋅ Prl0.33
d ech

π⋅β
⋅
180

α = 5.03 ⋅

ρl ⋅ σl
μl ⋅G

−4.5

;

G e2 = 0.35 ⋅

;

pc
d ech

1.18

⋅ Re 0l.706 ⋅ Prl0.35

0.23

⋅

π ⋅β
180

1.48

λl
.78 ⋅ Pr 0.33
⋅ Re 0ech
l
d ech

β = 65°

The measured parameters are:

! b;
- on the brine side: inlet and outlet temperature and mass flow rate: t out , t in , m
b
b
- on the ammonia side: evaporating and condensing pressure and temperatures ( p0 , t 0 ) ,
! 0 ) and
( p c , t c ),compressor suction and discharge temperatures, liquid ammonia mass flow rate ( m

the electrical power consumed by the compressor ( Pk ).
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The measuring devices used are: for temperature:type K thermocouples of± 0.25°C accuracy; for
brine flow rates: Danfoss electronic flow-meters with ±3% accuracy, for ammonia flow rate:
Corriolis flow-meters with ±2% accuracy.
The measured parameters which were taken into consideration correspond to a quasi-steady state
operating regime of the system. It was considered as such the regime characterised by maximum
±5% variation of the measured parameters, along 10 consecutive readings, at 10 minutes apart.

4. RESULTS AND DISCUSSION
4.1.
Experimental results
Throughout the experiments, the brine mass flow rate varied between 2.85÷3.85 kg/s; the mean
brine temperature at the condenser varied between 20÷21.5°C.
The condensing temperature was maintained quasi - constant, around the value of 25°C and the
evaporating temperature varied between 3÷5°C. The overall increase in ammonia mass flow rate
ranged between 21 g/s up to 34 g/s (a 39% increase); consequently the condensing capacity
increased from 28 kW to 43 kW. The energy balance concerning heat transfer between the brine
and ammonia side plays an important part in system analysis. Therefore, energy balance was
looked at for each test conducted on the condenser side, to ensure that ammonia and brine side
match within 5% of each other.
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Figure 4: Experimental ammonia Nusselt Number
vs liquid Reynolds Number

In Fig. 3 are shown experimental heat transfer coefficient on ammonia side using the brine side
correlations from Table 2. The experimental heat transfer coefficients on ammonia side vs
ammonia mass flow rate ilustrated in Fig. 3 shows the same trend for all three corelatins used.
Therefore all three correlations may be further in this study.
Experimental ammonia condensig heat transfer coefficient range between 2838.4 and
3282.3W/(m2·K) for the same value of the ammonia flow rate. The maximum values are obtained
with Mulek and Manglick (1999) correlation, meann values are obtained with Yi Ye Yan (1999) and
minmum values are obtained with Gasparella correlation (2007).
In Fig. 4 plots data on non-dimensional co-ordinates showing the average Nusselt Number on the
ammonia side vs the liquid Reynolds Number, based on each of the three brine corelations
considered (Table 2). Experimental rezults show that the liquid Reynolds Number ranges between
100 to 200, corresponding to laminar to transition flow regime in PHEs (Shah and Focke, 1988).

4.2.

Theoretical results
The experimental ammonia condensing heat transfer coefficient was compareded with theoretical
ammonia condensing heat transfer coefficient derived from the eight correlations listed in Table 3.
In Fig. 5, 6 and 7 are plotted theoretical vs experimental results.
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The Hays and Jokar correlation adapted for brazed PHE shows the larger influence than all the
other corelations of the ammonia mass flow rate on ammonia condensing heat transfer coefficient,
namely from 1991 W/(m2·K) to 4093W/(m2·K).
The Hausen (1998) correlation provides the lowest values for the heat transfer coefficient, leading
to unacceptably large deviation compared to the experimental values, under the specified
conditions related to the heat exchanger geometry and the system operating conditions.
T_sat = 25°C, Corelation Yi-Ye-Yan for brine side heat transfer coefficient
T_sat = 25°C, Corelation Gasparella for brine side heat transfer coefficient
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The same increasing trend of ammonia condensing heat transfer coefficient with ammonia mass
flow rate is observed according to correlations by: Han, Lee and Kim (2003), Mc Adams (1954),
Weeb (1998), Yan, Lio and Lin (1999) and Hausen (1998). The increase in α cth values ranges
from 30 to 36%, for ammonia mass flow rate ranging between 20-40g/s.
A diferent trend is observed with correlations by Park et al. (1999) and Akers (1979) where the
increase in α cth is larger, namely 44% and 27%, respectivelly, for the same range of the mass flow
rate.
The accuracy of prediction between experimental and theoretical ammonia condensing heat
transfer coefficient was computed usin the mean absolute percentage error (MAPE) Eq (5):

1 n
MAPE = ⋅ ∑
n 1

exp

α cth − α c
exp

⋅ 100[%]

Eq. (5)

αc
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MAPE values range between 15% and 30% with correlations by Park et al. (1999), Webb (1999),
Yan et al (1999), McAdams (1954), Han, Lee and Kim (2003) and Hays and Jokar (2009) and
Gasparella (2007) corelation on brine side (Table 4).
The same range of MAPE results either by using Yi-Yie-Yan (1999) on brine side instead
Gasparella (2007), but only with some of the ammonia correlation, namely: Park et al. (1999),
Webb (1999) and Hays and Jokar (2009) or using Mulek and Manglick (1999) with Park et al.
(1999), Webb (1999), Hays and Jokar (2009) and McAdams (1954).
Table 4. Mean absolute percentage error between predicted and experimental ammonia
condensing heat transfer coefficient

Prediction method
(35 runs)
Park et al
Yan, Lio and Lin
Weeb
Hays and Jokar
Hausen
Akers
McAdams
Han, Lee and Kim

Mean absolute percentage error, [%] MAPE

Gasparella (2007)
19.06
24.33
16.79
15.30
77.76
41.59
25.74
15.49

Yi-Yie-Yan (1999)
15.21
34.17
15.71
24.34
80.66
49.20
35.44
36.04

Mulek and Manglick (1999)
15.88
36.49
16.93
26.88
81.35
51.00
26.02
38,3

Fig. 5, 6, 7 and Table 4 also indicate that experimental results are in best agreement with
theoretical results for Park et al. (1999) and Webb (1999) correlations used on ammonia side,
coupled with any of the three correlations on the brine side.

5. CONCLUSIONS

This comparative study on ammonia condensation heat transfer coefficient has been performed
under following working conditions: ammonia mass flow rate ranging between (20...40g/s);
ammonia condensing mean saturation temperature of 25°C; ammonia liquid Reynolds Number
ranging between 100 to 200.
The comparative analysis was developed between experimental ammonia condensation heat
transfer coefficient, computed with three corelations on brine side (Gasparella (2007), Yi-Yie-Yan
(1999) and Mulek and Manglick (1999)) and theoretical values computed with eight correletions on
ammonia side (Park et al. (1999), Webb (1999), Yan et al (1999), McAdams (1954), Han, Lee and
Kim (2003), Hays and Jokar (2009) Hausen (1998) and Akers (1979)). As a conclusion, this study
showed that out of the eight correlations used to predict theoretical heat transfer coefficient, only
two, namely Park et al. (1999), Webb (1999), valided the experimental values, within minimum
MAPE range of 15.21% to 19.06%, irrespective of the brine side correlation used.

ACKNOWLEDGEMENTS

The experimental stand was financed by the National Authority of Scientific Research, within the
National Program PNII, CAPACITATI, contract no. 14/2007.

NOMENCLATURE

S heat transfer area (m2);
b corrugation depth (m)
cp specific heat (J/(kg K))
pc corrugation pitch (m)
d equivalent diameter (m), dech = 2 ⋅ b
g gravitational acceleration (m/s2)
G mass flux (kg/(m2 s))
h enthalpy (kJ/(kg K))
k overall heat transfer coefficient
(W/(m2 K))
h specific enthalpy (J/kg)

λ thermal conductivity (W/(m K))
L length of the plate (m)
! mass flow rate (kg/s)
m
Nu Nusselt number (-)
p pressure (Pa)
Pr Prandtl number (-)
! heat transfer rate (W)
Q
Re Reynolds number (-)
t plate thickness (m)
T temperature (K)
W - width of the plate (m)
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x– quality vapor
Greek symbols
α heat transfer coefficient(W/(m2 K))
β chevron angle (°)
ϕ enlargement factor (-), ϕ = 1.17
μ dynamic viscosity (kg/(m s))
ρ density (kg/m3)
v specific volume, m3/kg
Subscripts
b brine (water+Eg 30%)
c condenser
ech equivalent
exp experimental
g gravitational

h port width
in inlet
k compressor
l liquid
m mean
out outlet
p port length
ref refrigerant
sat saturation state
tot total
v vapor
w width
wall wall
0 evaporation

REFERENCES

ASHRAE Handbook - Fundamentals, 2017, CH. 5 Two-Phase Flow, pp. 5.11-5.14
Bell, K.J., Mueller, A.C., 1984. Condensing Heat Transfer, Volverine Heat Transfer Data Book.
Volverine, pp. 163-165
Shah, R.K., Focke, W.W., 1988. Plate Heat Exchangers and their design theory, heat transfer
equipment design. Hemisphere, Washington, pp. 227-254
Longo, A. G., 2008. Refrigerant R134a condensation heat transfer and pressure drop inside a
small brazed plate heat exchanger. Elsevier, Int. J. of Refrigeration, pp. 780-789
Webb, R. L. 1998, Convective condensation of superheated vapor, ASME J. Heat Transfer 120, pp
418-421
Longo, G.A., Gasparella. A, 2007 Refrigerant R134a vaporisation heat transfer and pressure drop
inside small brazed plate heat exchanger, Int. J. Refrigeration 30, pp 821-830
Muley, A., Manglik, R.M., 1999 Experimental study of turbulent flow heat transfer and pressure
drop in a plate heat exchanger with chevron plates. ASME J. Heat Transfer 121, pp 110-121.
Kuo, W.S., Lie, Y.M., Hsiieh, Y.Y., Lin, T.F. 2005 Condensation heat transfer and pressure drop of
refrigerant R410A flow in vertical plate heat exchanger. Int. J. Heat Mass Transfer 48, pp
5205-5220
Akers, W.W., Deans, H.A., Crosser, O.K. 1959. Condensing heat vtransfer ithin horizontal tubes.
Chem. Eng.Prog.Symp. Ser. 55, pp 171-176
Y.Y. Yan,H.C. Lio,T.F. Lin,Condensation heat transfer and pressure drop of refrigerant R-134a in a
plate heat exchanger, Int. J. of Heat and Mass Transfer 42 (1999) 993–1006
Mancin, S., Del Col, D., Rossetto, L., 2012, Condensation of Superheated Vapour of R410A and
R407C Inside Plate Heat Exchangers: Experimental Results and Simulation Procedure, Int.
J. Refrigeration, vol.35: p. 2003-2013
Yi-Yie Yan, Hsiang-Chao Lio, Tsing-Fa Lin: ”Condensation Heat transfer and Pressure Drop of
Refrigerant R-134a in a Plate Heat Exchanger” Int. J. of Heat and Mass Transfer Vol. 42
(1999) pp 993- 1006
H. Hausen , ”New equation for heat transfer at free or forced fluid flow , Allgemeine Wurmetechik
vol 9, no.45, pp. 75-79, 1959
N. Hayes, A. Jokar, Z.H. Ayub, Study of carbon dioxide condensation in chevron plate
exchangers; pressure drop analysis, Int. J. Heat Mass Trans. 55 (2012) 2916-2925
Ilie A., Drughean L., Hera D., 2011, Plate Heat Exchanger Used As Evaporators,23rd IIR
International Congress of Refrigeraton – Praga 2011
Hera D., 2009, Refrigerating Plants Vol.III, Refrigerating Equipments, Matrix Rom
Ilie, A., Dumitrescu, R., Chiriac, F. et al. 2007, Experimental stand for research on thermohydraulic processes and equipment for refrigeration systems, air-conditioning systems and
heat pumps, Project Romanian National University Research Council, 2007 – 2009
Chiriac, F. Ilie, A., Dumitrescu, R., 2006. Complemente de transfer de caldura si masa, AGIR
Publishing House, Bucharest, 2006

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1919

Manuscript ID: 170
DOI: 10.18462/iir.icr.2019.0170

Thermodynamic and numerical analysis of the ejector
performance at off-design operation modes
Guangming CHEN, Oleksii VOLOVYK, Volodymyr IERIN, Kostyantyn
SHESTOPALOV
Ningbo Institute of Technology, Zhejiang University
Ningbo City, Zhejiang Province, 315100, China, gmchen@zju.edu.cn

ABSTRACT
The study provides the results of the numerical and thermodynamic analysis of the ejector
performance at off-design operation modes.
The CFD modeling is used to reveal the phenomena of the mixing process at different parts of the
ejector and to study the effect of operating conditions on its performance. A thermodynamic
method for the determination of the optimal adjustment range of three operating parameters is
described.
The results show that the changing in even one operating parameter negatively affects the ejector
efficiency. The back pressure affects the ejector performance more than the generator pressure
and the evaporator pressure.
From the analysis it follows that the ejector has a lot of double-choking modes of operation with its
maximum efficiency, but not only one mode as usually is stated in literature. It is found that doublechoking condition for the constant geometry ejector depends on the combination of the operating
parameters of the flows.
Keywords: Ejector, 1-D Model, CFD, Off-Design Mode, Double-Choking, Performance, Ejector
Geometry, Entrainment Ratio.

1. INTRODUCTION
Ejector cooling cycle can be used for a wide range of purposes and has a great potential in the
energy conservation and environmental protection (Milazzo and Mazzelli, 2017). The supersonic
ejector is the key component of the ejector cooling cycle which is used for suction, compression
and discharge of the secondary vapor by force of the primary vapor. The ejector efficiency affects
the overall system performance and strongly depends and very sensitive to the operating
conditions. There are three operating modes of the ejector according to the back pressure which
are usually singled out: double-choking (critical) mode, single-choking (subcritical) mode and backflow (malfunction) mode (Huang et al., 1999).
At the same time the influence of operating parameters of the primary and secondary flows on the
ejector performance is usually not considered in details. The prediction of the ejector performance
at off-design modes is very important especially at design stage because the ejector structure
cannot be changed during operation.
This research aims to carry out a numerical study of the ejector performance at off-design modes.
The CFD model of the ejector is used for analysis of the mixing process and for investigation the
influence of changes in the operating conditions on the ejector performance. Also, the connection
between design and off-design modes is shown based on the thermodynamic analysis of the
ejector performance in wide range of operating conditions.

2. DESCRIPTION AND NUMERICAL ANALISYS OF THE EJECTOR
Fig. 1 shows the structure of the supersonic ejector. The ejector can be divided into four main
parts: a nozzle, a suction chamber, a mixing chamber, and a diffuser.
The operating conditions of the ejector are specified by operating pressures PS, PM, and PP, the
expansion pressure ratio, E = PP/PS, and the compression pressure ratio, C = PM/PS. The ejector
geometry is characterized by configuration of the nozzle (At – the primary nozzle throat area; A1 –
the primary nozzle exit area) and the cross-section areas of the other parts of the ejector (A2 – the

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1920

entrance area of the mixing chamber; A3 – the area of the cylindrical section of the mixing
chamber). The primary nozzle design is determined by the area ratio ɸ = A1/ At, and the design of
an ejector flow profile is defined by the area ratio α = A3/ At (Shestopalov et al., 2015a).

Figure 1: Structure of the supersonic ejector.

It is noted that in order to obtain the maximum performance, the ejector needs to be operated at
critical (design) mode (Boumaraf and Lallemand, 2009; Dennis and Garzoli, 2011; Huang et al.,
1999). But the real working conditions of the ejector and ejector cooling cycle are usually different
from the design operating mode which is optimal. It results in changing both the ejector
entrainment ratio and the efficiency of the ejector cooling cycle.
The relationship between the entrainment ratio and parameters of the primary, secondary and
mixed flows for the ejector with fixed geometry is determined by the ejector characteristic. The
ejector characteristic shows how the ejector entrainment ratio is changed when ejector operates at
off-design conditions, and the additional losses are appeared in it.
The ejector characteristic consists of two branches – subcritical and supercritical, which are
converged in one point. This point for the ejector with constant geometry is the design point. In this
point ejector works at critical mode called "the second limiting regime" (Shestopalov et al., 2015a).
This regime is characterized by reaching the critical value of the velocity of the secondary flow at
cross-section of the mixing chamber y-y (see Fig. 1).
The CFD ejector model is used for detailed analysis of the mixing process and for investigation the
influence of changes in the operating conditions on the ejector performance in the present study.
CFD technique consists of two main parts: creating the physical model and solving the complex of
mathematical equations. The ANSYS Workbench 19.0 environment is used as an intuitive up-front
finite element analysis tool in the present study.
2.1.

Physical Model

The numerical analysis of the ejector performance is based on the experimental results provided
by Huang et al. (1999) in the present study. The ejector combination with nozzle A and mixing
chamber D with area ratios ɸ = 2.91 and α = 9.41 is selected from 11 available combinations for
the analysis (Huang and Chang, 1999). Fig. 2 shows the geometrical configuration of the
investigated ejector model.
The ejector is modeled as a two-dimensional axial symmetric approach. The computational mesh
with about 46500 quadrilateral elements was generated for a half of the ejector model based on X
axle as a symmetric line for this investigation.

Figure 2: Ejector model considered in the present study.

2.2.

Modeling Approach

The CFD software Fluent was used for steady-state simulation of fluid flow in the ejector. The
density-based explicit solver was selected to solve the governing equations, and the second-order
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upwind scheme was used to discretize the convective terms to improve the solution accuracy. The
Realizable k-ε model was employed, which is widely used for the flow simulation inside the ejector,
and which was described by Besagni et al. (2015) in details. The Standard Wall Function was used
to simulate and provide reasonably accurate results for the turbulent flow near the walls. The
ejector walls were considered to be adiabatic during the simulation, the no-slip conditions and
smooth walls were also considered.
The ideal gas relationship was used to obtain the density of the refrigerant R141b. The other
necessary thermodynamic properties of the fluid such as specific heat, thermal conductivity,
viscosity, and molecular weight were taken from REFPROP software (Lemmon et al., 2007). The
inlet boundary conditions for both the primary and the secondary flow were set as the “pressure
inlet” corresponding to the saturation pressure of the fluid at the generator and evaporator desired
temperatures, while the “pressure outlet” is set for the ejector outlet with the saturation pressure at
the condenser temperature. The convergence of each simulation was considered at reaching the
residuals for all equations the values 10-6.

3. RESULTS AND DISCUSSIONS
3.1.

Numerical Analysis of the Ejector at Off-Design Modes

The ejector simulation at off-design modes was made by sequential changing in one of the flows
temperature TC, TG or TE relatively the design value, while the other two temperatures remained at
the design value.
The maximum compression ratio C as well as the critical condenser temperature TC* for the ejector
at design generator and evaporator temperatures should be determined in the beginning of
comparison the experimental results with CFD ones. Fig. 3 presents the ejector characteristic at
ranging the condenser temperature TC and fixed generator and evaporator temperatures TG = 90oC
and TE = 8oC, respectively, according to design conditions. Fig. 4 represents the static pressure
distribution of the secondary flow along the ejector walls, and Fig. 5 shows the behavior of the
supersonic flow inside the ejector based on CFD simulation as the contour of Mach numbers.
From Fig. 3 it is seen that the CFD results are in good agreement with the corresponding
experimental results within experimental error. The CFD ejector characteristic curve ω = f(TC) has
a knee at the condenser temperature TC = TC* = 31.2oC, as well as experimental characteristic
curve has the same one at TC = TC* = 31.5 oC. At these values of TC the ejector has the maximum
entrainment ratios ω = 0.459 and ω = 0.445, respectively, and it works at critical mode, which is
characterized by the filling of the whole cross-section of the mixing chamber by the supercritical
flow (see Fig. 5c). For operation of the ejector at supercritical mode, when TC < TC*, the
entrainment ratio is not changed because the cross-section area of the mixing chamber is constant
and it is still filled by the supersonic flow (see Fig. 5a and 5b). It is not allowed more secondary
fluid to be entrained. From the other hand, when the ejector works at subcritical mode at TC > TC*,
the entrainment ratio is sharply reduced with increasing the condenser temperature TC. In this
mode the compression ratio C and the compression work are increased at the invariable expansion
ratio E and the expansion work, and it leads to decrease the amount of the entrained secondary
flow. In this case the cross-section area of the mixing chamber is not filled by the supersonic flow
(see Fig. 5d and 5e).
From Figs. 4 and 5 it can be seen that the cross-section of the mixing chamber y-y, where the
limiting regime is appeared, is located at the distance of about 11.5 mm from the enter crosssection of the mixing chamber 2-2, and its position does not depend on the condenser
temperature. At the same time, the position of the cross-section of the mixing chamber s-s where
the second choking is appeared depends on the condenser temperature, and it is m oved down
from the enter cross-section of the mixing chamber 2-2 at condenser temperature decreasing.
As can be seen from Fig. 6, the ejector characteristic curve ω = f(TG) also has a knee at generator
temperature TG = 90oC at which the ejector works at critical mode. At the generator temperature
decreasing, the ejector operates at subcritical mode. The mass flow rate of the primary flow
decreases in this mode, the supersonic nozzle is over-expanded and works in off-design condition
(see Fig. 8d and 8e). It leads to decrease both the secondary mass flow rate and the entrainment
ratio significantly due to decreasing the expansion ratio E and the expansion work of the primary
flow at the invariable of compression ratio C.
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Figure 3: Ejector characteristic ω = f(TC).
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Figure 4: Static pressure at different TC.

a) TC = 30.0 oC

b) TC = 30.9 oC

c) TC = 31.2 oC

d) TC = 31.3 oC

e) TC = 33.1 oC
Figure 5: Contour of Mach numbers inside the ejector at different TC.

From Fig. 6 it follows that the increasing in the generator temperature relatively the design one also
leads to decrease in the entrainment ratio in spite of increasing the expansion ratio E, the
expansion work and the mass flow rate of the primary flow. The ejector operates at supercritical
mode and the nozzle is under-expanded for these conditions (see Figs. 8a and 8b). It leads to
increase the cross-section area of the primary flow exiting from the nozzle, which results
decreasing the cross-section area of the secondary flow and its mass flow rate at the invariable
cross-section area of the mixing chamber 2-2.
From Figs. 7 and 8 it follows that the increasing in generator temperature leads to the appearing of
the choking effect at the end of the mixing chamber, and even at the beginning of the diffuser
section 3-3 (see Figs. 8d and 8e). At the same time the position of the cross-section y-y changes
insignificantly.
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Figure 6: Ejector characteristic ω = f(TG).
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Figure 8: Contour of Mach numbers inside the ejector at different TG.

Analysis of the ejector characteristic curve ω = f(TE) shows that the entrainment ratio increases
with increasing in evaporating temperature (see Fig. 9). It can be explained by simultaneous
decreasing the compression ratio C and the expansion ratio E and approaching its working
conditions to the design ones. From Figs. 11a and 11b it follows that the supersonic nozzle is
significantly under-expanded at subcritical mode that leads to decrease the cross-section area for
the secondary stream at section 2-2 of the mixing chamber, and results in decrease the secondary
mass flow rate. At TE = 8oC the ejector reaches the design conditions and it works at critical mode
(see Fig. 11c). Further increasing in the evaporator temperature results in increasing the
entrainment ratio, but its growth rate decreases as evidenced by the knee on the characteristic
curve ω = f(TE) (see Fig. 9). The ejector works at supercritical mode and the primary nozzle is
over-expanded (see Figs. 11d and 11e). The cross-section area of the secondary flow at section 22 is increasing and it leads to increase the amount of the entrained secondary flow.
From Fig. 10 it follows that the mixing process pressure increases at the evaporator temperature
increasing. At the same time the choking effect appears closer to the entrance section of the
diffuser 3-3.
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Figure 11: Contour of Mach numbers inside the ejector at different TE.

3.2.

Thermodynamic Analysis of the Ejector at Off-Design Modes

From the numerical analysis it follows, that variation in one flow parameter significantly influences
the ejector performance. Especial negative effect is observed at increasing the condenser
temperature, at decreasing the evaporator temperature, and at changing the generator
temperature. Shestopalov et al. (2015b) obtained the experimental data for the ejector
performance in wide range of operating conditions and noted that the ejector performance maps
can be useful assistance for the development of an automatic control system with the aim to
provide the ejector operation at critical mode with its maximum efficiency. For realization of that
method, the optimal adjustment range of three independent operating parameters TE, TC and TG
should be determined. To find this range, the graphical layouts presented in Figs. 12, 13, 14 and
15 can be used and analyzed.
Fig. 12 shows the theoretical curves ϕ = f(TG) for different evaporator temperatures which were
determined by 1-D ejector model proposed by Shestopalov et al. (2015a). The horizontal line
ɸ = 2.91 corresponds to nozzle area ratio of the considered ejector. Fig. 12 illustrates the way to
determine the generator temperatures for the supersonic nozzle for different evaporator
temperatures with the aim to ensure the nozzle operation in design mode. To do this, the
perpendiculars should be dropped on the abscissa axis from the intersection points between
curves ϕ = f(TG) and the line ɸ = 2.91. In Fig. 13 theoretical curves α = f(TC) for the generator
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temperatures determined from Fig. 12 as well as a horizontal line α = 9.41 corresponded to
geometrical parameter for the considered ejector are presented. In turn, Fig. 13 shows the way to
determine the critical condenser temperatures at which the designed ejector works at critical
modes. By analogy with Fig. 12, to determine TC* the perpendiculars should be dropped on the
abscissa axis from the intersection points between curves α = f(TC) and the line α = 9.41.
Fig. 14 shows the theoretical curves ω = f(TC) for the generator temperatures determined from
Fig. 12. From this figure the critical entrainment ratio for the considered ejector can be determined.
To do this it is needed to draw vertical lines correspond to values of TC* obtained from Fig. 13 to
intersection with curves ω = f(TC). The values of critical parameters TC* and ω* for the other
evaporator temperatures are determined in a similar way. Based on the obtained data the diagram
of the ejector critical modes presented in Fig. 15 can be built. From Fig. 15 it follows that at given
adjustment range of TE which varied from 6 to 10oC, in order to achieve the maximum of the ejector
performance with a variation of TC in the range 28.8-33.6oC, the temperature TG should be also
adjusted in the range 86.4-93.6oC. The values of the entrainment ratio determined by numerical
analysis at the same operation conditions are very close to the theoretical one.
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4. CONCLUSIONS
In this paper the operation of the ejector at off-design modes is investigated. According to the
results of numerical and thermodynamic study, the most important findings are as follows:
1. The ejector can work at three typical operational modes – subcritical, critical and supercritical,
depending on the combination of the operating parameters of the flows.
2. The ejector performance significantly depends on the variation of flows parameters. The
increasing in condenser temperature, the decreasing in evaporator temperature and the changing
in generator temperature are the most negative effects on the ejector entrainment ratio.
3. The critical ejector mode ensures the maximum of its efficiency and it is a preferable mode for
the ejector operation. The analysis shows that the ejector has a lot of critical modes, but not only
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one as usually is stated in literature. Each critical mode can be achieved by work at appropriate
combination of the flows parameters.
4. The thermodynamic method for the determination of the optimal adjustment range of three
independent operating parameters TE, TC and TG is described. The theoretical diagram of the
ejector critical modes obtained by this method can be used at design stage of the ejector cooling
cycle to determine the maximum values of the heat exchanger capacities needed for the
automatically maintaining the ejector operation at critical modes with a slight deviation from the
designed efficiency.
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ejector pressure ratios
pressure (bar)
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ABSTRACT
In order to improve performance, manufacturers of household refrigerators are constantly updating
the design of natural-draft wire-on-tube condensers. As a consequence, the geometrical application
range of the current correlations became outdated. In this context, the aim of this work was to extend
the limits of the existing mathematical models by proposing a new and updated correlation to predict
the air-side heat transfer coefficient. To this end, a test bench was designed and built to circulate hot
brine through the condenser tubes, controlling the inlet temperature and the mass flow rate. Fiftyfour condenser samples with distinct design parameters, such as height, tube and wire diameters
and pitches were manufactured and tested. The experimental results showed that the condenser
height, and the wire and tube pitches had the strongest impact on the heat transfer rate. Finally, a
semi-empirical correlation was put forward, where 90% of the experimental data were predicted
within a ±10% error band.
Keywords: Wire-on-tube Condenser, Household Refrigeration, Semi-empirical Correlation

1. INTRODUCTION
When it comes to household refrigeration, cost and energy efficiency are the driving forces of most
research works. Sometimes cost reduction is even more important than energy savings. That is the
case for appliances mounted with natural-draft wire-on-tube condensers. Such heat exchangers are
made of carbon-steel and consist of a single-pass coil with several wires spot-welded in an in-line or
staggered arrangement on both sides. The combination of material and manufacturing process
makes the wire-on-tube condenser perhaps the cheapest heat exchanger on the market and the
preferred choice of most engineers. However, despite the widespread use of wire-on-tube
condensers, the literature is still scarce on the topic.
Among the available works stand the pioneer studies of Witzell and Fontaine (1957), Witzell et al.
(1959), Cyphers et al. (1959) and Collicott et al. (1963). Witzell and Fontaine (1957) assembled the
first experimental apparatus to measure the heat transfer rate based on the circulation of hot water
through the coil. The condensers were tested in a horizontal position and only the number and
diameter of the wires were varied. Cyphers et al. (1959) adopted a similar test bench and analysed
the impact of both inclination and confinement. Semi-empirical correlations based on the Grashof
number were proposed to predict the convection heat transfer coefficients for both tubes and wires.
Later, Witzell et al. (1959) improved the test section used by Witzell and Fontaine (1957) by placing
the condensers in a black wood box with openings at the bottom and top parts. Tests varying the
inclination of the condenser and the wires pitch were conducted. The number of tubes was kept
constant. In addition, a single correlation for the convection heat transfer was put forward based on
an equivalent diameter. All previous studies, however, assumed a unitary shape factor and neglected
its effect on the radiation heat transfer calculation. In order to address this issue, Collicott et al. (1963)
calculated the effective shape factor of 12 samples with the same tube diameter but with different
wire pitches. The authors performed all tests in an evacuated chamber seeking to quantify the
radiative contribution. Decades later, Tagliafico and Tanda (1997) revisited the subject by carrying
out tests with 42 samples. Geometric parameters such as condenser height, tubes and wires pitch
and tube diameter were varied. The effect of confinement was not evaluated. Temperature
differences between air and tubes of almost 50°C were observed in some cases. A correlation based
on the Rayleigh number and geometry was proposed and validated within a ±6% error band.
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Years later, Arsego (2003) tested 24 samples with in-line wires under several operating conditions
by pumping water into the tubes. An experimental apparatus capable of reproducing the condenser
behavior as if it was mounted on a real appliance was assembled. Parameters such as number,
diameter and pitch of tubes and wires were investigated. The condensers height and width, however,
were kept constant. The convection and radiation heat transfer shares were calculated and the latter
took the tubes and wires shape factors into account. Melo et al. (2004) used the same test bench of
Arsego (2003) to study the effect of the gap between the refrigerator back wall and the surroundings
on the heat transfer. To this end, a 19-tube rows and 130 wires condenser was tested at an ambient
temperature of 32°C. Also, the temperature difference between the condenser inlet and outlet was
maintained between 43 and 44°C. It was shown that the gap between the rear wall and the
refrigerator plays an important role and that when the condenser is positioned at the middle of the
gap the heat transfer rate is maximized.
Recently, Melo and Hermes (2009) used the experimental database of Arsego (2003) to devise an
easy-to-use π-type correlation based on geometric parameters and the temperature difference
between air and tube wall. The wires fin-efficiency was incorporated in the air-side heat transfer
coefficient and the surface shape factor was neglected. Even though, 90% of the experiments were
predicted within a 10% error band. A comparison with the correlations proposed by Cyphers et al.
(1959), Witzell et al. (1959) and Tagliafico and Tanda (1997) was reported and it was found that all
produced larger errors.
In order to reduce cost and maintain reasonable energy consumption levels, wire-on-tube
condensers are constantly being redesigned with the aid of the currently available correlations.
However, such equations are restricted to specific geometric ranges and have proven to be unable
of predicting well the heat transfer rate of the new condenser designs, especially those with different
heights and staggered and smaller wires. In this context, the present work aimed to fill this gap by
proposing a new semi-empirical model. Fifty-four samples covering a wide range of geometric
parameters were tested in a water-loop calorimeter to leverage the correlation.

2. EXPERIMENTAL WORK
Fifty-four condensers were designed and manufactured specifically for this work where the following
parameters were varied: height (𝐻 = 480, 900 and 1400 mm), tube pitch (𝑠𝑡 = 25, 40 and 60 mm),
tube outer diameter (𝑑𝑡 = 4.76 and 4.00 mm), wire pitch (𝑠𝑤 = 4, 10 and 20 mm) and wire diameter
(𝑑𝑤 = 1.25 and 1.35 mm). An illustrative sketch of the condensers is shown in Fig. 1. All samples
were fabricated in carbon steel, with staggered wires and a constant width (𝑊) of 440 mm.
dw

sw

dt

H
st

W
Figure 1: Wire-on-tube condenser sketch

2.1.

Experimental Apparatus

The experimental apparatus is comprised by three main facilities: the test bench, the test section
and the test chamber, as schematically shown in Fig. 2. The test bench is responsible for circulating
a hot brine composed by water and glycol (80/20% in mass) inside the carbon steel tubes. It is
basically comprised by a thermostatic bath, a rotary vane pump, valves and filters. An electric heating
wire was placed around the tubes to fine-adjust the fluid inlet temperature.
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Figure 2: Experimental apparatus

The test section was built in order to mimic a domestic refrigerator (Fig. 3). The section height could
be varied in such a way that the condenser distance from the ground and from test section top was
always 300 mm, regardless of the height of the condenser. The distance from the test section side
walls and the surrounding walls was also kept at 300 mm. The test section and surroundings walls
were made of dull black wood in accordance the recommendations of ISO 15502 (2005). Finally, the
gap from the test section rear wall and the test chamber was 100 mm, and the condensers were
always placed in the middle of this gap, at 50 mm from the test section rear wall.

300
300

100

50

300

300

Tamb,1

300

H

Tamb,3

700
Tamb,2

300

300

300

Figure 3: Test section top and back view

The tests were performed in a climate-controlled chamber also built in accordance to the ISO 15502
(2005) recommendations. The ambient temperature was measured by three T-type thermocouples,
as shown in Fig. 3. The fluid mass flow rate was measured by a Coriolis-type flow meter and the
temperature difference by two T-type immersion thermocouples placed in the condenser inlet and
outlet (see Fig. 2).
The condensers were tested at ambient temperatures of 32 and 16°C. The brine temperature
difference from the inlet and outlet of the condenser was always kept at 3°C, in order to provide an
almost uniform temperature in the condenser tubes. The tests were performed with brine average
temperatures (𝑇𝑏𝑟 ) of 8, 13 and 20°C higher than the ambient temperature. In total, 228 experiments
were performed and used to leverage an air-side heat transfer correlation.

3. DATA REGRESSION
The total heat transfer rate (𝑄̇ ) was calculated through an energy balance on the brine side,
considering the brine mass flow rate (𝑚̇) and the inlet and outlet temperature difference:
𝑄̇ = 𝑚̇𝑐𝑝 (𝑇𝑏𝑟,𝑖 − 𝑇𝑏𝑟,𝑜 )
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where 𝑐𝑝 was obtained at the brine inlet (𝑇𝑏𝑟,𝑖 ) and outlet (𝑇𝑏𝑟,𝑜 ) average temperature.
The condenser overall thermal conductance (𝑈𝐴) was derived from the relation between the heat
released rate and the temperature difference between the brine and surroundings:
𝑈𝐴 = 𝑄̇(𝑇𝑏𝑟 − 𝑇𝑎𝑚𝑏 )−1

Eq. (2)

where 𝑇𝑏𝑟 and 𝑇𝑎𝑚𝑏 are respectively the brine and ambient average temperatures.
Generally, when the fluid temperature difference is high, it is appropriate to use log-mean difference
temperature or the -NUT method. However, as in the present study the brine temperature difference
was as low as 3°C, this simplification is of reasonable use. The air-side heat transfer coefficient, ℎ0 ,
was then calculated by subtracting the internal convection resistance from the overall thermal
resistance:
−1 − (ℎ 𝐴 )−1 ]−1
𝜂0 ℎ0 = 𝐴−1
𝑖 𝑖
0 [𝑈𝐴

Eq. (3)

where 𝜂0 is the overall outer surface efficiency, ℎ𝑖 is the internal heat transfer coefficient and 𝐴𝑖 and
𝐴0 are respectively the internal and external total heat transfer areas. The conduction through the
tube walls and fouling resistances on both sides were neglected. The internal side heat transfer
coefficient was estimated by Gnielinski’s (1976) correlation when Re > 3000. Laminar fully
developed flow with uniform wall temperature (𝑁𝑢 = 3.66) was considered when 𝑅𝑒 < 2300. The
transition between Gnielinski and laminar flow (2300 < 𝑅𝑒 < 3000) was obtained through the method
of the asymptotes.
Assuming that the heat transfer coefficient is constant along the wires and tubes, a simplified
approach was employed to evaluate the overall surface efficiency, which was given by:
𝜂0 = 1 − 𝐴𝑤 𝐴−1
0 (1 − 𝜂𝑤 )

Eq. (4)

where 𝜂𝑤 is the wire rectangular pin fin efficiency with adiabatic tip defined as (Incropera et al., 2002):
𝜂𝑤 = tanh (𝑚

𝑠𝑡
𝑠𝑡 −1
) (𝑚 )
2
2

𝑚 = [4ℎ0 (𝑘𝑤 𝑑𝑤 )−1 ]1/2

Eq. (5)
Eq. (6)

The total rate of heat rejection to the environment of the wire-on-tube condenser is a result of
convective and radiative phenomena. Thus, the total air-side heat transfer coefficient is comprised
by the sum of both coefficients, ℎ0 = ℎ𝑐 + ℎ𝑟 . The radiation heat transfer coefficient is derived from
the well-known Stefan-Boltzmann law:
2
ℎ𝑟 = 𝜀𝑎𝑝𝑝 𝜎(𝑇𝑐 + 𝑇𝑎𝑚𝑏 )(𝑇𝑐2 + 𝑇𝑎𝑚𝑏
)

Eq. (7)

where 𝑇𝑐 is the condenser surface average temperature calculated through an energy balance:
𝑇𝑐 = 𝑇𝑎𝑚𝑏 + 𝑄̇(𝜂0 ℎ0 𝐴0 )−1

Eq. (8)

σ is the Stefan-Boltzmann constant and 𝜀𝑎𝑝𝑝 is the apparent emissivity defined by the product of
surface emissivity, 𝜀, and condenser to environment shape factor, 𝐹. The condenser surface
emissivity was measured through thermography techniques and an average value of 0.95 was found.
The condenser to environment shape factor was analytically calculated as follows (Siegel and
Howell, 1972):
𝐹=

𝐴𝑡 𝐹𝑡→∞ + 𝐴𝑤 𝐹𝑤→∞
𝐴𝑡 + 𝐴𝑤
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where 𝐹𝑡→∞ and 𝐹𝑤→∞ are the tubes and wires to the surroundings shape factors, respectively. The
condenser shape factor ranged from 0.58 to 0.85 for all samples.
Accounting for all instrument errors and propagated uncertainties, the maximum uncertainty levels
corresponding to the temperature, mass flow rate and heat transfer rate were respectively ±0.2°C,
±0.02 kg/h, and ±5%.

4. RESULTS
4.1.

Experimental Results

Fig. 4 summarizes the relative contribution of the radiation and convection to the combined air-side
heat transfer coefficient. It is known that both are strongly dependent on the wire pitch. As the wire
pitch reduces, the confinement reduces both the condenser shape factor and the buoyancy effect,
reducing respectively the radiative and convective phenomena, and therefore the combined air-side
heat transfer coefficient. Nonetheless, it can be noted that the radiative relative contribution (which
ranged from 22% to 57%) increases with a decreasing h0 , indicating that the confinement has a
stronger effect in the convection counterpart. Similar results were obtained by Melo and Hermes
(2009), except by the overestimation of the radiative contribution due to the shape factor negligence.

Heat transfer coefficient ratio [-]
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hc/h0
hc/ho

hr/h0
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0,0
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20
Air-side heat transfer coefficient [Wm-2K-1]

25

Figure 4: Convective and radiative contributions to the air-side heat transfer coefficient

Fig. 5 summarizes the condenser heat transfer rate results as a function of the condenser height,
wire pitch and tube pitch. The total heat transfer rate ranged from 35 W to 175 W, as a combination
of the selected geometric parameters and operational conditions. As expected, the higher the
condenser, the higher the total heat transfer rate. The wire pitch is another parameter that strongly
affected the heat transfer rate, especially because the total heat transfer area increases as the wire
pitch decreases. A similar trend was observed for the tube pitch. In this case, it can be noted that,
the higher the condenser the stronger the variations in heat transfer rate, due to the stronger
buoyancy effect. The influence of tubes and wires diameters on total heat transfer rate were not
significant, with variations lower than 4%.
One important issue of the industry nowadays is evaluating the cost-benefit relationship in the
refrigeration components. In this context, Fig. 6 shows the relation between the ratio of heat transfer
rate per the condenser steel mass to the same geometric parameters analysed previously. Such
ratio is directly proportional to the manufacturing cost. Note that the condenser height barely affects
the cost-benefit relationship, so it is just a matter of capacity designing. On the other hand, a clear
trend was observed regarding the wire pitch. The larger the wire pitch, the better the cost-benefit,
due to the confinement effect provoked by short pitches. It can also be seen that there is an optimum
tube pitch that maximizes the benefit-cost relation. Such results might be related to the physics of
natural convection in in-line tubes. As the condenser tubes are heated up, a thermal plume is formed
around the tube, driving the air upwards and dissipating heat to the surroundings. This means that,
if the condenser tubes are very close to each other, the upper tubes are affected by the thermal
plume, hindering the condenser performance. On the other hand, if the tubes are too far from each
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other, the thermal plume is dissipated far from the upper tube, meaning that space could be
optimized. This analysis shows a clear trade-off relationship, leading to an optimum point that, for
this specific work, seems to be close to the 40 mm tube pitch.
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Figure 5: Heat transfer rate vs. height, wire pitch and tube pitch
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Figure 6: Heat transfer rate per unit of mass vs. height, wire pitch and tube pitch

4.2.

Proposed correlation

A semi-empirical correlation was proposed to predict the air-side heat transfer coefficient considering
the geometric range of the condenser samples. The combined coefficient was calculated by adding
the convective and radiative counterparts (ℎ0 = ℎ𝑐 + ℎ𝑟 ). The radiation contribution is obtained
through Eq. 7, and a correlation was proposed for the convection heat transfer coefficient. The
equation takes into account the buoyancy effect and geometric parameters, as follows:
𝑁𝑢𝐿𝑐 =

ℎ𝑐 𝑘𝑎
= 6.2𝑅𝑎𝐿𝑐 1/5 𝛧 3/5
𝐿𝑐

Eq. (10)

𝑔𝛽(𝑇𝑏𝑟 − 𝑇𝑎𝑚𝑏 )𝐿3𝑐
=
𝜈𝑎 𝛼𝑎

Eq. (11)

The Rayleigh number is defined by:
𝑅𝑎𝐿 𝑐

where the air properties must be evaluated in the film temperature, the characteristic length is
defined as the ratio between the outer heat transfer area and the condenser height, Lc = A0 /𝐻, and
the dimensionless parameter (Ζ) is defined by:
𝛧=

Void area
𝑊𝐻 − 𝑁𝑡 𝑑𝑡 𝑊 − 𝑁𝑤 𝑑𝑤 𝐻 + 𝑁𝑡 𝑁𝑤 𝑑𝑡 𝑑𝑤
=
Available area
𝑊𝐻
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Figure 7: Validation of the proposed semiempirical correlation

Predicted heat transfer coefficient [Wm-2K-1]

Predicted heat transfer coefficient [Wm-2K-1]

The parameter 𝛧 is the ratio of the void area and the available area in a perpendicular point of view.
That is, the larger the void area, the larger the tube and wire pitches, increasing 𝛧 and ℎ𝑐 . The
validation results are shown in Fig. 7, where 99% and 90% of the predicted data fell within ±15%
and ±10% error bands, respectively.
Finally, the correlations available in the literature were implemented to predict the air-side heat
transfer coefficient, as shown in Fig. 8. It can be noted that much larger errors were found, especially
because of the design parameters range of the actual wire-on-tube condenser samples. Since most
of the correlations are empirical, they are not suitable for extrapolations. Cyphers et al. (1959)
correlation substantially overestimated the heat transfer coefficient, with errors up to +200%. The
correlation of Tanda and Tagliafico (1997), which is far more complex than that proposed herein,
underpredicted most of the data and large deviations were observed. On the other hand, the
empirical π-type correlation of Melo and Hermes (2009), which is reasonably recent, overestimated
most of the experimental data.
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Figure 8: Comparison of the experimental data
to the correlations available in the literature

5. CONCLUSIONS
This paper addressed an theoretical and experimental work on natural-draft wire-on-tube
condensers. Fifty-four condenser samples were manufactured varying the following design
parameters: height (480, 900 and 1400 mm), tube diameters (4.00 and 4.76 mm), wire diameters
(1.25 and 1.35 mm), tube pitches (25, 40 and 60 mm) and wire pitches (4, 10 and 20 mm). The
condensers were tested on an experimental apparatus built specifically for this activity. The
experimental results showed that the tube and wire diameters impacted less than 4% the condenser
heat transfer rate. Furthermore, the wire and tube pitches were the most significant parameters on
a cost-benefit analysis. Finally, a semi-empirical correlation was proposed for the air-side heat
transfer coefficient, where 90% of the experimental data were predicted with deviations lower than
±10%. The condenser shape factor was calculated to account the radiative contribution, which was
responsible for an average of 35% of the total heat transfer rate. The convective contribution was
much stronger specially due to the free convection buoyancy effect.
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NOMENCLATURE
𝐴0
𝐴𝑡
𝛼𝑎
𝑐𝑝
𝑑𝑤
𝜀𝑎𝑝𝑝
𝜂𝑤
𝐹
ℎ0
ℎ𝑖
𝑘𝑎
𝐿𝑐
𝑁𝑡
Nu
𝑄̇
Re
𝑠𝑡
𝑇𝑎𝑚𝑏
𝑇𝑏𝑟,𝑖
𝑇𝑐
𝑊

external area (m2)
tubes external area (m2)
air thermal diffusivity (m 2s-1)
specific heat (Jkg-1K-1)
wire diameter (m)
surface apparent emissivity (-)
fin efficiency (-)
surface shape factor (-)
air-side heat transfer coefficient (Wm -2K-1)
internal heat transfer coef. (Wm -2K-1)
air thermal conductivity (Wm-1K-1)
characteristic length (m)
number of tubes (-)
Nusselt number (-)
heat transfer rate (W)
Reynolds number (-)
tube spacing (m)
ambient temperature (K)
brine inlet temperature (K)
surface average temperature (K)
condenser width (m)

𝐴𝑖
𝐴𝑤
𝛽
𝑑𝑡
𝜀
𝜂0
𝑔
𝐻
ℎ𝑐
ℎ𝑟
𝑘𝑤
𝑚̇
𝑁𝑤
𝜈𝑎
Ra
𝜎
𝑠𝑤
𝑇𝑏𝑟
𝑇𝑏𝑟,𝑜
𝑈𝐴

tubes internal area (m2)
wires area (m2)
air vol. coef. of thermal expansion (K-1)
tube external diameter (m)
surface emissivity (-)
overall fin efficiency (-)
gravity (ms-2)
condenser height (m)
convective heat transfer coef. (Wm-2K-1)
radiative heat transfer coef. (Wm -2K-1)
wire thermal conductivity (Wm-1K-1)
brine mass flow rate (kgs-1)
number of wires (-)
air kinematic viscosity (m2s-1)
Rayleigh number (-)
Stefan-Boltzmann constant (kgs-3K-4)
wire spacing (m)
brine average temperature (K)
brine outlet temperature (K)
overall thermal conductance (WK-1)
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ABSTRACT
The present work analyzed the isobutane flow through electronic valves with hydraulic diameters
smaller than 0.19mm. Three valves were firstly tested with nitrogen in order to obtain the equivalent
capillary tubes. The most promising valves were then tested with isobutane under domestic
refrigeration conditions. To this end, a test bench capable of operating with condensation and
evaporation temperatures respectively between 25 and 45°C and -28 and -10°C was constructed.
In order to check for choked flow occurrence, complete mass flow curves were additionally obtained
for several opening ratios. It was found that the valves are nearly insensible to the sub-cooling degree
and that the flow is choked under all practical conditions. Finally, a semi-empirical mathematical
model based on a correlation for the flow coefficient was proposed and fitted with a reduced number
of points. A reasonable agreement was observed with approximately 94% of the 138 points within a
15% error band.
Keywords: Electronic valves, isobutane, domestic refrigeration, experimental work

1. INTRODUCTION
Capillary tubes are certainly the most common expansion device in household refrigeration. They
are nothing but a long tube with a very small internal diameter that reduce pressure mainly by friction
effects. The major drawback of such device is that its geometry is fixed. Thus, once sized, the
capillary tube may not respond to operating conditions other than the designed ones. Therefore, the
refrigerator coefficient of performance may decrease and the overall energy consumption increase.
In order to comply with labelling programs and government policies manufacturers are constantly
being pushed to improve their products. In Brazil, for instance, the most efficient refrigerator is called
‘class A’. In European countries, there are classes A+, A++ and A+++. Also, a new version of the
energy consumption global standard, IEC 62552 (2015), is about to take place and tests at 16 °C
will be mandatory. It is expected that systems mounted with capillary tubes and on-off single speed
compressors may not perform satisfactorily at lower condensation temperatures. Lazzarin and Noro
(2008), for instance, pointed that the performance of a refrigeration system can be strongly affected
by low ambient and evaporating temperatures, which would motivate the use of variable action
expansion devices. Hence, the use of variable action devices such as electronic expansion valves
(EEVs), which are capable of modulating the restriction, could be an alternative. However, although
typical in commercial and industrial refrigeration systems, valves are barely seen in domestic
appliances. Possible reasons are skepticism, cost and, for sure, the small range of mass flow rate
involved. As a consequence, the literature concerning EEVs for domestic refrigeration is extremely
scarce, especially when it comes to studies focused on the current dominant fluid, HC-600a
(isobutane). Ronzoni et al. (2013), for example, tested a PWM-driven valve originally designed for
light commercial appliances in series with a capillary tube (Thiessen and Klein, 2007) in order to
obtain suitable mass flow rates for small refrigerators, but used HFC-134a as the refrigerant fluid.
A meticulous literature review shows that there are several works focused on the refrigerant flow
through expansion valves. However, most of them aimed at commercial and industrial applications
with refrigerants such as R22, R407C and R410A (Shanwei et al., 2005, Park et al., 2007 and Li,
2013) and pressure and mass flow rates much higher than those observed in small refrigerators.
Among the rare works focused on domestic appliances, stand out those of Marcinichen and Melo
(2006), Björk and Palm (2006) and Boeng and Melo (2012), who did not analyze the expansion
device itself but checked its effect on the refrigerator performance. Björk and Palm (2006) and Boeng
and Melo (2012), however, carried experiments at only one compressor speed and without
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controlling the superheating degree at the evaporator. Marcinichen and Melo (2006), on the other
hand, conducted energy consumption and pull-down tests with the superheating control activated
and at several compressor speeds, but didn’t use an appropriate control logic and adopted a valve
with an oversized orifice which, according to the authors, may have masked performance gains.
In this context, the main goal of this work is to characterize the thermodynamic behavior of three
EEVs of the same design but with different orifices and check their applicability in household
refrigerators. To this end, the following steps were planned. First, to carry out tests with dry nitrogen
to obtain a preliminary envelope of the valves operating range and to check if they can provide mass
flow rates similar to those of typical capillary tubes. After, to design and construct a test bench to
measure the HC-600a mass flow through the two most promising valves by varying condensation
and evaporation temperatures, sub-cooling degree and orifice opening ratio. Finally, to develop a
semi-empirical model to predict the valves flow coefficient and to propose a methodology to reduce
the number of tests required to characterize a valve.

2. EXPERIMENTAL WORK
The valves analyzed in this work are based on the MEMS (Micro Electrical Mechanical Systems)
technology and are as small as a finger nail. Their body is formed by three superimposed silicon
layers and they work through what the manufacturer calls the electrothermal principle. The top layer
acts as a cover for the intermediate layer, which contains the thermal actuator. The thermal actuator
contains filaments that dilate or contract depending on the intensity of the electrical current applied
to them. The filaments work then as a sliding plate that can move over the orifice controlling its
opening proportionally. The orifices are rectangular and with a constant width. The opening is
regulated through the variation of the length covered by the sliding plate. The orifice dimensions of
each valve and the equivalent maximum hydraulic diameter are presented in Tab. 1.
Valve
Smallest
Intermediate
Largest

Table 1. EEV orifice dimensions [mm]

Width
0.22
0.26
0.32

Maximum length
0.120
0.135
0.135

Maximum hydraulic diameter
0.155
0.178
0.190

In a preliminary attempt to check the valves applicability in domestic refrigerators, they were
submitted to nitrogen flow with the aid of a specific test bench (see Fig. 1). The apparatus was
assembled according to the recommendations of the ASHRAE 28 (1996) standard and was used to
measure the volumetric flow rate through the valves as a function of the inlet pressure and orifice
opening ratio. The measurement procedure is the following: (i) define the opening ratio, (ii) open the
shut-off valve and release nitrogen from the cylinder, (iii) set the inlet pressure with the micrometric
valve and (iv) wait for steady conditions and measure the flow rate with the Coriolis meter.
Based on the volumetric flow rates, typical tube lengths can be applied in the well-known Kipp and
Schmidt (1961) equation in order to obtain the inner diameters of the capillary tubes that would
provide the same flow rates of the EEVs for each opening ratio at each inlet pressure.
1 a3

 VLa2


D
 a P2 1 
 1


Eq. (1)

Where the constants a1, a2 and a3 are respectively 2.369, 0.465 and 2.574 (Montibeller et al., 2016),
V is the volumetric flow rate, P is the inlet pressure, and D and L are respectively the inner diameter
and length of the tube.
The full characterization of expansion devices still requires, however, tests with refrigerant fluid since
physical phenomenon such as phase change are not captured by nitrogen tests. To fill this gap,
another test bench was specifically constructed to operate with HC-600a. Details of the refrigeration
circuit are presented below.
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Figure 1: Test benches: nitrogen (left) and isobutane (right)

The isobutane test bench was especially built in order to measure the mass flow rate as a function
of the downstream and upstream pressures, and the sub-cooling at the valve inlet. As shown in Fig.
1, the apparatus was designed with two parallel variable speed compressors which were also used
to control the evaporating pressure. To this end, a PI (proportional integrative) controller based on
the pressure signal from a transducer installed at the EEV outlet was used to modulate the
compressors speed. An additional control valve installed after the EEV was also used to increase
the evaporating pressure when needed. In order to avoid the presence of oil and impurities at the
EEV inlet, oil separators and coalescent filters were installed after the compressors. The mass flow
rate was measured with a Coriolis meter of the same model adopted in the nitrogen test bench with
an uncertainty of ±0.1% of the readings. The condensation pressure, was controlled by means of
another PI controller that modulated the power of a heater installed at the air inlet of a tube-and-fin
condenser. The arrangement also counts with a centrifugal fan and a parallel cooling unit which was
used to reach lower condensation pressures. After the condenser (3), a brazed-plate heat exchanger
(sub-cooler) in counter-flow with cold water was used to decrease the refrigerant temperature (4).
The fine tuning of the sub-cooling degree was then promoted by a PI-driven heater attached to a coil
after the sub-cooler (5). Finally, the refrigerant expands at the EEV (6) and flows through the
evaporator, which in this work is nothing but a long tube in contact with an electrical heater. This
heater is responsible for vaporizing the refrigerant from the evaporator and keeping the compressors
suction temperatures constant. The pressures at the EEV inlet and outlet were both measured by
strain-gauge transducers with an uncertainty of ±0.1% of the readings. The temperature at the EEV
inlet, on the other hand, was registered by a T-type thermocouple with an uncertainty of ±0.2°C
immersed at the refrigerant flow.
In total 37 tests were carried out with the intermediate valve and 101 were conducted with the largest
valve. As will be explained later, the smallest valve was considered inappropriate for domestic
refrigeration and was not submitted to HC-600a flow. For the largest valve, four opening ratios were
evaluated: 25, 50, 75 and 95%. For each one, three condensation temperatures (25, 35 and 45°C),
three sub-cooling degrees (5, 10 and 15°C) and two evaporation temperatures (-28 and -10°C) were
analyzed. For the intermediate valve, the same conditions were evaluated, except of the sub-cooling.
To simplify the test matrix, sub-cooling degrees of 10°C were not tested. Also, due to limitations of
the test bench sub-cooling degrees of 15°C were evaluated only for some cases. The choice of the
condensation and evaporation temperatures was based on the air temperatures typically observed
in the internal and external environments of the refrigerator: 16 to 32°C for the ambient and -18 to
4°C for the compartments (IEC 62552, 2015). Additional tests were also performed for evaporation
temperatures higher than -10°C in order to check for choked flow occurrence.

3. RESULTS
3.1.

Experimental Analysis

The nitrogen tests were conducted with inlet pressures from 4 to 15bar and orifice opening ratios
from 2 to 95%. Fig. 2 shows the volumetric flow rate as a function of the opening ratio and inlet
pressure for the largest orifice valve. It can be seen that such valve presents a continuous behavior
throughout its opening range. Although not presented here, the results and that it covers almost
entirely the volumetric flow rate range of the intermediate orifice valve.
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Figure 2: N2 volumetric flow rate vs. opening ratio: intermediate valve (left) and largest valve (right)

The inner diameter of the equivalent capillary tubes was then estimated by Eq. (1) considering
lengths of 1, 2 and 3m. A comparison between the EEVs for a length of 3m and an inlet pressure of
6 bar is presented in Fig. 2. Note that the behavior of the intermediate valve is closer to that of the
smallest valve. This valve, however, corresponds to capillary tubes with diameters way too restrictive
for domestic appliances, being perhaps more indicated to meso-scale cooling systems (Lara et al.,
2016). The largest orifice valve, in turn, is equivalent to capillary tubes up to 0.9mm in diameter,
depending on the operating conditions. For example, for a 90% opening ratio, the smallest and
intermediate valves respectively produce a mass flow equivalent to that of 0.57 and 0.66-mm
capillary tubes, while the largest valve provides flow rates equal to those of capillary tubes with 0.85
mm inner diameter. Hence, one can affirm, at least preliminarily, that the intermediate and the largest
valves have potential to be applied in domestic refrigerators, and that the largest orifice valve is the
most promising one since it covers the range of the intermediate valve and the range of capillary
tubes found matches the geometries observed in practice (Melo et al., 2002).
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Figure 3: HC-600a mass flow vs opening ratio: intermediate valve (left) and largest valve (right)

Based on the previous analysis, tests with refrigerant were conducted with the intermediate and the
largest orifice valves. Fig. 3 presents the HC-600a mass flow rate as a function of the opening ratio
and the condensation temperature for a constant evaporation temperature of -28°C for the largest
and intermediate valves. By tracing a vertical line along a given opening ratio the points
corresponding to distinct sub-cooling degrees (5, 10 and 15°C) can be identified. A closer look
reveals that such points are almost coincident, indicating that the valves are barely affected by the
sub-cooling degree at the inlet. This is associated to the weak dependence of the mass flow rate on
the fluid density (as suggests the orifice equation) and by the small variation of density for the
temperature range studied herein. It should be mentioned that the points for the evaporation
temperature of -10°C were not shown because the mass flow values were very similar to those of 28°C, since the flow was choked. Fig. 5 shows such behavior for an opening ratio of 50%, a
condensing temperature of 45°C and a sub-cooling of 10°C. It is observed that the mass flow rate
remained practically constant with the variation of the evaporating temperature between -10°C and
-35°C. It should be mentioned that due to experimental instabilities the points for condensation of
35°C and opening ratio of 25% were not recorded for the intermediate orifice valve.
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3.2.

Mathematical Model

In view of the difficulty in quantifying the physical phenomena mentioned earlier, many authors
choose to model the behavior of valves based on the well-known orifice equation, which includes
the effect of the fluid partial vaporization on the empirical flow coefficient, Cv. Nevertheless, some
authors such as Roming et al. (1966), Davies and Daniels (1973) and Li (2013) argue that the
incorporation of the compressibility effects on the Cv may lead to inaccurate mass flow rate values
under some conditions. Thus, considering the recommendations of these authors and those of the
ANSI/ISA-75.01 (2007) standard, the following modified version of the orifice equation was used:
Eq. (2)

m& Ao C vY 2 1 P1 X

Where P1 and P2 are respectively the upstream and downstream pressures, X is the pressure ratio,
(P1-P2)/P1, and Y is the so-called expansion factor, given by Y = 1 – X/3Xt, being Xt the pressure ratio
from which the flow becomes choked. It is defined that the value of Y can vary from 0.667 to 1, where
0.667 corresponds to the choked flow conditions.
Note that Xt is unknown and must be obtained from experimental data. As mentioned in item 3.1, the
experiments showed that flow was choked for several conditions. Additional tests, where the
evaporation temperature was varied and both condensation temperature and sub-cooling were kept
constant, were then carried out to check the choking pressure and also to characterize the mass
flow rate under non-choking conditions.
Fig. 4 shows the mass flow rate of the largest orifice valve as a function of the evaporating
temperature for a constant sub-cooling of 10°C, a condensing temperature of 45°C and opening ratio
of 50%. It is observed that initially, for temperatures higher than that of saturation, there is liquid at
the valve outlet and the mass flow rate responds approximately linearly to the square root of the
pressure ratio. However, as the evaporation increases the flow experiences a transition region where
the mass flow dependence of the square root of the pressure ratio is smaller. In this region, the valve
capacity of converting pressure drop into flow rate is reduced due to the change in the fluid density
as it crosses the vena contracta. The mass flow rate becomes then proportional to the product
expansion factor-square root of pressure ratio. From evaporations lower than -10°C, however, further
increments in the pressure ratio produce no effect on the mass flow rate. The flow then reaches
sonic speed and becomes choked.
Table 2 shows the Xt values for opening ratios of 50, 75 and 95% considering different condensing
temperatures. Assuming that Xt depends mostly on the opening ratio, i.e. its dependency on the
condensing temperatures is negligible (Monsen, 2015), an almost linear correlation can be observed.
Thus, in order to verify this assumption, extra tests were carried for different condensation
temperatures (25, 35 and 45°C) but keeping the same opening ratio (95%) and sub-cooling (10°C).
The results presented in Fig. 5 show that the choking pressure changes with the condensation
temperature, but Xt remains approximately constant at 0.69, which validates the previous hypothesis.
Finally, a linear curve fit based on Tab. 2 can be performed for the largest EEV providing Xt =
0.003246*OR - 1, where OR is the opening ratio. Note that the intercept of the curve is 1, meaning
that for very low opening ratios Xt goes to 1. In order words, as the OR tends to zero so does the
pressure at the EEV outlet, which results in a unitary pressure ratio. Assuming that this holds for
every valve, only one mass flow curve is actually necessary to fit the slope of the linear equation.
Therefore, for the intermediate valve, only one mass flow curve was obtained for an opening ratio of
95%, resulting in Xt = 0.748.
Table 2. Choking pressure ratio for the largest orifice EEV

Opening ratio [%]
50
75
95

Condensation [°C]
45
35
25

Xt [-]
0.82
0.77
0.69

To close the model the following π-type correlation was proposed to predict the flow coefficient. The
dimensionless parameters, π1 to π4, are described in Tab. 3.
Cv  c01c  2c  3c  4c
Eq. (3)
1

2

3

4
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Table 3. Dimensionless parameters

Definition
X
A/Ao
1+(hl-hin)/hcrit
µl2/(ρlσlDh)

Description
Pressure ratio
Orifice opening ratio
Sub-cooling effect
Friction and bubble growth

where ρl, σl, µl and hl are respectively the density, surface tension, viscosity and enthalpy of the of
the saturated liquid at Pin. A is the orifice free-flow area, Dh is the maximum orifice hydraulic diameter,
hin is the enthalpy at the valve inlet and hcrit is the critical enthalpy. For the largest orifice valve the
coefficients c0 to c4 are respectively 0.00155, 0.235, 0.938, 0.362 and -0.634. For the intermediate
orifice valve c0 = 8.06e-6, c1 = 0.323, c2 = 1.5, c3 = 0.184 and c4 = -1.0772.
A π-type correlation was chosen since polynomial equations may provide inconsistent values in
interpolations or extrapolations (Jähnig et al., 2000). In addition, enthalpy was used instead of
temperature in the sub-cooling dimensionless parameter to minimize possible problems with twophase flow at the inlet of the valve, which would impair the use of the correlation in refrigerators
simulation models. Also, note that in Eq. (2) it was assumed that Ao is the maximum orifice area so
that the effect of the opening ratio was incorporated in the flow coefficient.
Fig. 6 shows the validation against experimental data. A reasonable agreement between measured
and calculated values was observed, being 94.2% of the points within a ±15% error band and 89.1%
within ±10%. It should be pointed that the agreement would have been better if it weren’t for the
larger errors verified for some points of opening ratios of 25% for the intermediate valve, caused
mainly by the very low mass flow rates involved (lower than 0.5kg/h). The error was also a bit higher
for some points concerning very low pressure ratios. For such conditions, small variations on the
evaporation temperature lead to large variations on the mass flow rate. The proposed model,
however, captured correctly the experimental trends, including those representing non-choked flow.
It should be noted that only 20 out of 101 points were used to fit the coefficients for the largest valve.
After an extensive analysis, it was found that if the following steps were taken when selecting the 20
points, the quality of the fitting would be as good as that obtained with all points:
1. Define the highest and lowest condensing temperatures (25 and 45°C).
2. For each condensing temperature, choose three distinct opening ratios (25, 50 and 95%).
3. For each opening ratio, select two points: one for the highest and the other for the lowest
sub-cooling degree (5 and 15°C).
4. Select 8 additional points that illustrate the transition from choked to non-choked flow (as
shown in Fig. 4), for a given condensation, sub-cooling and opening ratio (respectively 25°C,
10°C and 95%), so that Xt can also be obtained.
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Figure 6: Mathematical model validation

4. CONCLUSIONS
The literature review showed that there are very few studies with focus on variable expansion
devices specifically manufactured for household refrigerators. To fill this gap, this work focused on
an experimental analysis of three electronic valves with hydraulic diameters smaller than 0.19mm
that were firstly tested with dry nitrogen. With the obtained volumetric flow rate and the Kipp and
Schmidt equation the equivalent capillary tube geometries were defined and it was found that the
range of inner diameters matched that observed in practice. To provide a more realistic analysis a
test bench able to reach condensation temperatures as low as 25°C was specifically built to
characterize the HC-600a flow through the most promising valves. Results showed that the
intermediate and the largest orifice EEVs were capable of supplying the pressure differences
typically found in real appliances, without a capillary tube in series. Also, it was found that they were
almost insensible to sub-cooling variations and that the flow was choked under several practical
conditions. Additional tests were conducted to obtain the complete mass flow curves of the largest
orifice valve, which included choked and non-choked conditions. It was observed that the choking
pressure ratio depends basically on the valve opening and that it is not affected by the inlet pressure.
A mathematical model based on the orifice equation was put forward and an empirical correlation
for the valves flow coefficient was proposed. A reasonable agreement between experimental and
calculated results was observed with approximately 94% of the points within a 15% error band.
Finally, a methodology to reduce the number of tests was proposed where it was found that only 20
points were necessary to fit the correlation.
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ABSTRACT
In the present paper, an experimental study of the use of R290 in an ice maker is presented. The
analysis deals with a vapour compression system that originally works with R404A and produces
85 kg per day of ice with water inlet temperature equal to 10 °C and air temperature equal to 10
°C. A redesign of the system is carried out to reduce internal volume, allowing the system to be
charged with less than 150 g of R290 as per international standards. The experimental results
show that, in the range of the testing conditions, the ice production reduces a little, from 0.30% to
5.45% whereas the specific electric consumption significantly reduces, with measured value from
14.46% to 21.23% lower than those of R404A system. Therefore, R290 is a good candidate for
refrigerant substitution in this kind of systems.
Keywords: Energy Efficiency, Ice Maker, Propane, Refrigerant Charge.

1. INTRODUCTION
In the last years, more and more severe limits on Global Warning Potential (GWP) of refrigerants
have arisen as a consequence of the EU 517/2014 regulation (European Union, 2014) and the
Kigali amendment (United Nations, 2016). As an example, in the field of ice-making systems, the
aforementioned EU 517/2014 regulation bans all the refrigerants with GWP equal or greater than
2500 starting from January, 1st 2020. Therefore, the air conditioning and refrigeration industry has
to face the challenge of ﬁnding suitable refrigerants and new synthetic substances or old natural
refrigerants are considered, analysed and tested in vapour compression systems.
Among the possible alternatives candidates, hydrocarbon are seen as one of the viable solution.
Palm (2008) reviewed the use of propane (R290), isobutene (R600a) and propylene (R1270) in
small heat pump and refrigeration systems concluding that their performance are similar, or even
better, than those of HFC based systems. However, safety issues are the main concern and
therefore actions like the charge reduction together with precautions such as hydrocarbon sensors,
alarms and forced ventilation may be considered to reduce the risks under normal operation.
He et al. (2014) carried out an experimental analysis aimed at investigating the substitution of
R134a in a large capacity chest freezer with pure R290 and a mixture of R290 and R600a. They
found that the power consumption of the R290 freezer is lower by 26.7% with respect to the R134a
freezer while a reduction equal to 27.5% is achieved when the mixture R290-R600a is used at the
optimal ratio 93.75%-6.25% on a mass basis.
Mastrullo et al. (2014) experimentally analysed the performance of two prototypes of a professional
freezer for light commercial refrigeration charged with R290. A redesign of the heat exchanger
allowed to reduce the internal volume by 40% which, in turn, led to a charge reduction from 120 g
to 80 g in the optimum conditions. Compared to the baseline R404A system, the R290 prototypes
showed a reduction of the energy consumptions up to 34%.
Padilla Fuentes et al. (2015) carried out a theoretical analysis to identify the components that trap
most of the refrigerant charge during the operation of two bottle coolers. They found that the
compressors, with the refrigerant dissolved in the oil, could hold up to 25% of refrigerant that does
not contribute to the refrigerating effect. Therefore, a strong redesign of the condenser and the
liquid line and the removal of the liquid receiver were mandatory to reduce the R290 charge below
the maximum allowed value of 150 g. Two prototypes were then assembled to analyse their
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performance finding that they properly worked and concluding that highly efficient bottle coolers
could be designed with R290 refrigerant charge lower than 150 g.
Antunes and Filho (2016) carried out an experimental analysis of the use of several refrigerants in
a water-to-water system in a drop-in application. The best evaporator cooling capacities and COPs
were achieved with hydrocarbons, namely R290 and R1270, whereas the worst performance was
achieved with R404A. A TEWI analysis showed the same trend.
Finally, Sánchez et al. (2017) experimentally compared several refrigerants in a water-to-water
system in a drop-in application. Compared to all the refrigerants tested, R290 obtained the best
results in terms of cooling capacity and COP, leading to an increase in the range 40.5%–67.4%
and 22.4%-2.8% respectively. However, it requires a redesign of the system component, especially
the compressor, in order to cope with different thermophysical properties.
All the previous papers provide useful information about the use of R290 in vapour compression
system as potential substitute refrigerants traditionally used in the refrigeration application, namely
R134a and R404A. The goal of the present paper is to contribute to the on-going discussion
presenting the results of the use of propane in a small ice-making machine originally designed to
work with R404A.

2. PROTOTYPE DESCRIPTION AND EXPERIMENTAL SET-UP
2.1.

Prototype description

The ice maker considered in this study is a simple vapour compression system that produces ice
cubes with a batch process. The system mainly consists of a reciprocating compressor, a fin-andtube condenser, a capillary tube and an evaporator specifically designed for this application. For
the sake of charge reduction, the liquid receiver is not considered in the R290 prototype while a
molecular sieve filter is installed at condenser outlet for safety system operation. At evaporator
outlet, a suction accumulator is installed in order to handle two-phase refrigerant during transient
operation and, besides, the capillary tube is wrapped to it in order to increase the liquid subcooling
and, hence, system performance. Finally, a hot gas by-pass line is added to allow for proper
system operation as detailed below. The layout of the considered prototype is shown in Fig. 1.

Figure 1. Schematic of the R290 ice-maker prototype.

The most peculiar component of the prototype is the evaporator. It consists of a series of small,
upside down cups where the inner surface, i.e. the hollow part, faces a water nozzles array while
the refrigerant tubes are soldered on the cups outer surface. Fig. 2 reports a detail of the
evaporator; it is worth specifying that the number of cups shown in the figure is arbitrary.
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Figure 2. Detail of the evaporator of the ice maker.

The ice maker system works with a batch process as follows:
1. Ice-making cycle. The ice-making cycle begins with completely empty cups. Water is
sprayed on the inner surface of the cups while the refrigerant is evaporating inside the
tubes soldered on the outer surface. Water droplets hit the cold cups surface and freeze.
As the process continues, more water is sprayed and more ice forms inside the cup filling it.
During the whole cycle, the hot gas by-pass valve is closed.
2. De-icing cycle. Once the cups are full of ice, i.e. after a predefined amount of time, the
water spray system is switched off and the hot gas by-pass valve is simultaneously opened.
In this way, the high pressure, high temperature refrigerant at compressor outlet flows
inside the evaporator tubes and condenses. This leads to the melting of a thin layer of ice
near the cups inner surface which, in turn, causes their downfall into the bottom receiving
bin. Once all the cups are emptied, the hot gas by-pass is closed, the water spray system is
switched on and a new ice-making cycle begins.
The R290 prototype has the same evaporator used in the R404A system whereas all the other
components are chosen/sized according to the refrigerant specific properties. More in detail:
1. Compressor. At the same (dew) saturation temperature, the propane vapour density is
largely lower than that of R404A. This leads to a reduced volumetric cooling capacity,
although the liquid-to-vapour enthalpy difference is higher for R290. As a result, the
compressor used in the propane system is larger than the compressor used in the R404A
system.
2. Condenser. The amount of heat that has to be rejected at the condenser is different in the
two systems. Moreover, it is of fundamental importance, in the propane system, to reduce
the condenser internal volume in order to reduce the refrigerant charge. As a result, the
R290 condenser is designed with reduced diameter tubes which, in turn, allow for higher
mass flux and higher heat transfer coefficient. In order to deal with potentially too high
pressure drop, the number of refrigerant circuit is increased. Headers size is reduced as
much as possible. Finally, as previously stated, the liquid receiver is removed in the
propane prototype.
3. Capillary tube. The length of the capillary tube is modified according to the different mass
flow rate that has to flow through it and to the different working conditions, namely pressure
and temperature at its inlet.
4. Molecular sieve filter. With the aim of reducing the refrigerant charge, a low volume
molecular sieve filter is installed in the R290 prototype.
The main features of the just mentioned components are reported in Table 1 for the R290
prototype. For the sake of clarity, the characteristics of the original R404A system are reported as
well.
Table 1. Main features of the compressor, the condenser and the molecular sieve.

1

Component

Feature
Swept volume

R404A
10.33 cm 3

R290
12.11 cm 3

Compressor

Amount of oil

280 dm 3

350 dm 3

Cooling Capacity1

758 W

770 W

Condensing temperature 45 °C, evaporating temperature -15 °C, suction temperature 32 °C.
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Condenser

Molecular sieve filter

Tube outer diameter
Transversal pitch
Longitudinal pitch

7.52 mm
21.0 mm
24.5 mm

5 mm
17.3 mm
20 mm

Number of tubes

36

38

Number of rows
Number of circuits
Fin thickness
Fin pitch

4
1
0.1 mm
3.0 mm

3
2
0.1 mm
2.5 mm

Volume

46 cm 3

10 cm 3

Overall, the condenser internal volume reduces from 0.43 dm 3 to 0.195 dm 3, i.e. 55% reduction,
when moving from the R404A system to the R290 prototype. Additional 0.036 dm 3 reduction is
achieved through the molecular sieve filter replacement. Finally, the R290 prototype is charged
with 100 g of propane, while the charge of the original R404A system is equal to 340 g.
2.2.

Experimental set-up

The performance of the R404A and R290 ice makers are evaluated installing each prototype in a
climatic room, i.e. a room where the air temperature and relative humidity together with the water
sprayed temperature are monitored and set by a control system. The layout of the experimental
set-up and the position of the measurement devices are shown in Figure 3.

Figure 3. Layout of the experimental set-up.

The main characteristics of the instrumentation are collected in Table 2.
Table 2. Measurement instrumentation and accuracy.

Parameter
Refrigerant pressure
Refrigerant temperature

Instrument
Pressure transducer
T thermocouples

Range
0 kPa - 4000 kPa
-50 °C - 160 °C

Accuracy
±1% r.v.
± 0.5 °C

Water pressure

Pressure transducer

0 kPa - 1000 kPa

±0.15% r.v.

Water temperature
Air dry bulb temperature

RTD Pt 100
RTD Pt 100

-10 °C - 90 °C
-10 °C - 90 °C

± 0.1 °C
± 0.1 °C
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Air relative humidity
Power

R.H. transducer
Power transducer

0 % - 100 % R.H.
0 W - 5500 W

± 2 % R.H.
±0.2% r.v.

3. RESULTS
The test conditions used in the experimental campaign to analyse the performance of the R290
ice-maker are shown in Table 3.

Run
1
2
3
4
5

Air dry bulb
temperature
10 °C
21 °C
32 °C
38 °C
43 °C

Table 3. Test conditions.

Relative
humidity
80%
65%
55%
50%
35%

Water inlet
temperature
10 °C
15 °C
21 °C
32 °C
32 °C

Water inlet
pressure
200 kPa
200 kPa
200 kPa
200 kPa
200 kPa

Due to the batch working cycle, each run consists of a series of 3 test in controlled working
conditions so as to check test validity and repeatability.
An example of the two systems operation during the ice-making cycle is shown in Figs. 4 and 5. In
the former, the refrigerant temperatures at evaporator inlet and outlet as a function of time for the
R404A and the R290 system are reported while in the latter the refrigerant saturation temperature
at compressor suction and at compressor discharge, calculated starting from the measured suction
and discharge pressures, for both systems are depicted.

Figure 4. Refrigerant temperature at evaporator inlet and outlet for the R404A and R290 ice-makers
at Run 2 conditions.
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Figure 5. Saturation suction temperature (SST) and saturation discharge temperature (SDT) as a
function of time for the R404A and R290 ice-makers at Run 2 conditions.

From the analysis of the two figures, it is possible to conclude that the two systems operate is a
very similar way. Indeed, the refrigerant temperatures at evaporator inlet and outlet reduces with
time since the ice cube size increases and the thermal resistance increases too (Fig. 4).
Analogously, the trends of the saturation suction and discharge temperatures are very similar, with
a slightly lower temperature lift for the R290 system (Fig. 5). The duration of the ice-making cycle is
about 5% higher for the propane system because of the lower system capacity (see further in the
text). Finally, both systems exhibit a cyclic trend of the refrigerant temperature at evaporator outlet
and of the saturation discharge temperature which is typical of vapour compression systems
equipped with capillary tubes.
The overall comparison of the two ice-makers is carried out considering two key performance
indexes: the produced ice mass and the system energy consumption. The ice mass is measured at
the end of the de-icing cycle whereas the system energy consumption is calculated integrating the
measured electrical power over the ice-making and de-icing cycles. The performance of each icemaker is finally assessed evaluating the amount of ice produced in 24h of continuous operation
and the amount of energy consumed to produce 100 kg of ice.
The experimental results of the ice mass production are shown in Fig. 6.
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Figure 6. Daily production for the R404A and R290 ice-makers.

The specific energy consumptions are shown in Fig. 7.

Figure 7. Specific energy consumption for the R404A and R290 ice-makers.

From the experimental results it is evident that the daily ice mass productions of the R290 system
undergo a slightly reduction, with values from 0.30% to 5.45% lower than those found with R404A.
This is a direct consequence of the lower refrigerating capacity of the R290 system related to
propane thermophysical properties. Indeed, although the propane enthalpy difference across the
evaporator is higher (roughly twice) than that of R404A, the R290 density at compressor suction is
lower (roughly one third) than that of the R404A, leading to a lower refrigerant mass flow rate even
if the compressor swept volume of the propane system is higher than that of the R404A system.
Overall, the reduced density effect prevails over the increased enthalpy difference effect and the
final refrigerating capacity slightly reduces.
On the other side, the specific energy consumptions of the R290 system are significantly lower
than those of the R404A system, with reductions that span the range from 14.46% to
21.23%.Again, this is related to the thermophysical properties of R290 that are more favourable
with respect to those of the R404A. More in detail, the propane critical temperature is higher than
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the R404A critical temperature which is strongly beneficial for system COP (Domanski et al.,
2014).

4. CONCLUSIONS
An experimental analysis aimed at assessing the use of R290 in an ice maker is discussed in the
present paper. A prototype of a propane ice-making system as substitute of the R404A unit is built
with the aim of producing 85 kg per day of ice with water inlet temperature is equal to 10 °C and air
temperature equal to 10 °C. The prototype is designed with low internal volume to reduce the R290
to 100 g which is 33% lower that the international standards allowed value of 150 g. In the range of
experimental testing conditions, the experimental results show a slight reduction of the daily ice
production, from 0.30% to 5.45% but a significant reduction of the specific electric consumption
significantly, from 14.46% to 21.23%. Therefore, it is possible to conclude that in the ice-making
application R290 is a good candidate for conventional refrigerant substitution.

NOMENCLATURE
EE
MICE
SDT

Specific energy consumption (kWh·kg-1)
Mass of ice produced daily (kg·day-1)
Saturation Discharge Temperature (°C)

SST
t
T

Saturation Suction Temperature (°C)
Time (s)
Temperature (°C)
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ABSTRACT
The paper presents the results of investigations of heat exchange in a plate single-raw vertical coil
of 6 horizontal tubes at coolant flowing in tubes. The coolant used was ice slurry or single-phase
propylene glycol solution. Ice slurry is formed of propylene glycol water solution at mass
concentration of 14 ± 2 %. The heat transfer coefficients dependences on density of heat flow of
tubes were defined as well as on ice slurry rate through the coil and on concentration of water ice
crystals in ice slurry. Ice slurry at ice concentration to 15% was investigated. It was defined that the
heat transfer coefficient increased by 15-20% with increasing ice crystals concentration as
compared with a single-phase coolant, but when concentration is higher than 5 the coefficients
didn’t differ much at the same heat load. The increase of the heat flow density from 2 to 10 kW/m 2
led to the heat transfer coefficients increasing by 25-30% on the average. To a considerable
degree the heat transfer coefficients depend on the flow speed.
Keywords: Сoil, Ice Slurry, Propylene-Glycol, Heat Transfer Coefficients, Water Ice Crystals
Concentration, Heat Flow Density.

1. INTRODUCTION

Many technological processes in chemical and food industries are of non-stationary character and
new approaches to their intensification are needed. Ice slurry is of great practical interest to be
used for this purpose. It represents the mixture of water solution of substances (salt, alcohol,
organic acids) with small particles of water ice. When using ice slurry refrigeration technologies
high-rate refrigeration of objects is reached, stable temperatures at thermostating, cold
accumulation are provided. The industrial and environment safety is increased as well. Kawaji and
Egolf (2005) cite the data of temperatures and processes when it makes sense to use ice slurry.
Recently some works were published on investigation results of heat exchange and hydraulic
resistance in single tubes and different type air coolers operating on ice slurry (Belozerov et al.,
2017; Grozdek et al., 2009; Egolf et al., 2005). But the heat exchange processes in technological
apparatuses such as air coolers on ice slurry are not enough studied (Illán andViedma, 2009;
Fernández-Seara et al., 2010; Shire et al., 2009); in particular, the dependences of heat transfer
coefficients on key parameters. The current study deals with investigation of heat exchange when
ice slurry flows in a coil fabricated as a model of an industrial heat exchange apparatus of cold
chambers of food factories.

2. SUBJECTS AND METHODS OF INVESTIGATION

2.1. Subjects of inquiry
The subjects of inquiry are as follows: plate single-raw vertical coil consisting of 6 horizontal tubes
at 19 mm inner diameter and 1mm wall thickness. The tubes are connected by bends under 1800
at 38 mm radius. The total length of the coil is 9920 mm, the length of rectilinear sectors is 1500
mm, that of a heated tube sector is 1040 mm. The tube is made of steel 20.
2.2. Methods of investigation
The process of heat transfer depending on the heat flow density on the coil inner surface, on ice
slurry rate in tubes as well as on water ice crystals concentration in ice slurry was studied. To
compare some tests were carried out with a single-phase water solution. To obtain ice slurry a
water solution of propylene glycol at 14 ± 2% concentration was prepared. Modeling a heat flow
was performed by electric heaters at equal electric resistance placed on each tube. The heaters
were connected in parallel. A total resistance of coil heaters was Rcoil = 9.507 ohm, the heat flow
density was provided up to12 kW/m2. The thermal convertors - platinum (Pt100) thermometers of
resistance with the limits of reduced basic error ± 0.25% and the multichannel technological
recorder with the limits of reduced basic error ± 0.2% were used to measure the temperatures of
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ice slurry tis , single-phase solution tss and coil tube walls tcoil. The temperature of ice slurry and
single-phase solution was measured by thermal convertors placed in the thermometer pocket at
inlet and outlet of coolants from the coil. The temperature of the coil tube wall was measured in 9
points using the thermal convertors placed on the tubes surface. To measure the size of water ice
crystals in ice slurry the optical microscope at 1 m resolution with a photocamera incorporated
and a thermocryotable were used. Ice slurry and a single-phase solution consumed were weighed
in the following way: the ice slurry or solution went to the measuring reservoir and the filling time
was defined. The laboratory balance with the limits of acceptable error ± 3 g was used. The filling
time was determined by the seconds counter with the limits of measurement 0-30 s and 0.1 s
division value.The test bench for study (as shown in Fig. 1) included ice slurry generator, tank with
an agitator to accumulate ice slurry at generator operation, tank for discharging the solution
warmed in the coil, circulating pumps supplying ice slurry into the test coil, control and inspection
devices. Ice slurry and a single-phase solution were supplied to the coil from the bottom.

Figure 1: Test bench schematic circuit

When the needed concentration of water ice crystals in ice slurry in the accumulation tank was
achieved, the generator was switched off and the agitator acted to obtain a homogeneous mass.
After that the pump was switched on and a given ice slurry quantity was supplied through the coil
using a regulating valve. The needed heating power was provided by electric load on the heaters
of the coil. The heat load was regulated by the voltage regulator. The tests were carried out at
once after the crystallizer switching off that provided crystals of 20- 50 m size on the average.
The wall temperature of each tube was accepted as an arithmetical mean of two values measured
in this section. The coil temperature was an arithmetical mean of temperatures as illustrated by
Fig. 1. The water ice crystals concentration was estimated by calorimetry. The ice slurry and
single-phase propylene glycol water solution of fixed volumes (propylene glycol was at positive
temperature) were mixed up in the calorimeter. The initial mass and temperature of the mixture
were measured, also the final temperature of the solution resulted from the media mixture and the
phase transition into ice slurry was measured. The water ice crystals mass in ice slurry was
defined based on the heat balance.
The concentration in the tank ξ tank taking into account the heat received by ice slurry in the pump
was accepted as ξin concentration at inlet into the coil. The difference between ξ in and ξ tank
doesn’t exceed 2-3%.The error of definition of the heat transfer coefficient α was estimated by the
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sum of errors: measurement of temperature difference of tubes wall and ice slurry; measurement
of heat load applied to inner face of tubes. The maximal error of α determination was noted in tests
with a minimal value Δt = tcoil - tis and qcoil didn’t exceed 20%. The maximal error of water ice
crystals concentration and ice slurry rate doesn’t exceed 5%.
2.3. Results of experimental studies
Initial concentration ξin of ice crystals at the coil inlet was 12-15% in all tests. Along the coil length it
decreased from 8 to 1.4% due to heat supply. On the basis of experimental data the dependence
of the coil heat transfer coefficient on the heat flow density of the inner face of tubes was defined
as demonstrated by Fig. 2.

Figure 2: Dependence of the coil heat transfer coefficient on the heat flow density.
Ice slurry rate G =0.31-0.34kg/s; ice crystals concentration:
ξ = 9…1.5%, ξ = 12.5….1.5%,
ξ =11…1.5%,
ξ=12…3%

It was established that the heat flow increase from 2 to 11 kW/m2 led to the increase of heat
transfer coefficients by 25-30% when ice slurry flowed through the coil, at this the values of heat
transfer coefficients along the coil length decreased from 9.0 – 7.0 kW/(m2K) to 4.0 -2.6 kW/(m2K)
depending on the initial concentration of ice crystals and ice slurry rate through the tube.
Fig. 3 shows the dependence of the coil heat transfer coefficient αcoil on concentration of water ice
crystals in ice slurry.

Figure 3: Dependence of the coil heat transfer coefficient on the concentration of ice crystals
in ice slurry. Rate G = 0.31- 0.34kg/s;
heat load:
q=2,45 kW/m2,
q= 5,80 kW/m2,
q=8,50 kW/m2,
q=11,20 kW/m2
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It was defined that with increase of ice crystals concentration the heat transfer coefficient increased
by 15-20% as compared with a single-phase coolant, but the coefficients didn’t depend on
concentration when it was higher 5% at the same value of heat load. These data are correlated
with the research results (Egolf et al., 2005).
Fig. 4 demonstrates the dependence of the coil heat transfer coefficient on ice slurry rate. To a
large degree the heat transfer coefficients depend on flow rate.

Figure 4: Dependence of the coil heat transfer on the ice slurry rate (at concentration
ξ = 9-11%) and single-phase solution, at heat loads
q=6.18 kW/m2,
q=7.44 kW/m2,
q=7.60 kW/m2; single-phase solution
q=5.31 kW/m2

The change of the rate through the coil from 0.25 kg/s to 0.6 kg/s leads to the increase of the heat
transfer coefficient more than 2 times. The values of αis are correlated according to
recommendations (Snoek and Bellamy, 1997) with the values calculated for turbulent flow of
single-phase solution by equation of Dittus and Boelter (Egolf et al., 2005; Snoek and Bellamy,
1997). Meanwhile the thermal properties of ice slurry were calculated using equations by
(Thomas, 1965) and (Jeffrey, 1973). Calculations by Dittus and Boelter equation with dynamical
viscosity and ice slurry effective heat conductivity corrections showed that the values of the heat
transfer coefficient αis for the coil were 2 times higher than calculated using the equation. So, the
Dittus and Boelter equation offered by С.W. Snoek and J.Bellamy for generalizing ice slurry heat
transfer coefficients can’t be applied for description of heat transfer in the coil in toto.

3. CONCLUSIONS
The studies of heat exchange process in the plate single-raw vertical coil consisted of 6 horizontal
tubes with coolants (ice slurry and single-phase solution) supplied from the bottom were carried
out. It was defined that with increase of water ice crystals concentration the heat transfer
coefficient increased by 15-20% in comparison with a single-phase coolant, but the coefficients
didn’t differ much at the same heat load at concentration higher 5%.
The increase of the heat flow density from 2 to 11 kW/m2 leads to the increase of the heat transfer
coefficients by 25-30% on the average, at this the values of heat transfer coefficients along the coil
length decrease from 9.0-7.0 kW/(m²·К) at inlet to 4.0-2.6 kW/(m²·К) at outlet depending on the
initial concentration of ice crystals and the ice slurry rate when flowing through the tube.
To a large degree the heat transfer coefficients when ice slurry flows through the tube depend on
the rate. The change of the rate in the tube from 0.25 to 0.6 kg/s leads to the increase of the heat
transfer coefficient more than 2 times.
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NOMENCLATURE

ξtank
ξin

concentration of water ice crystals in
tis
the tank (%)
concentration of water ice crystals at
tcoil
the coil inlet (%)
tss

the temperature of ice slurry (0C)
an arithmetical mean of 9 temperatures
measuring the coil tube wall ( 0C)
the temperature of single-phase solution
(0C)
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ABSTRACT
The paper presents the results of the energy and exergy analysis of the ejector cooling cycle with
feed pump driven by expander. In the proposed ejector cooling cycle the working fluid is supplied
to the generator by a feed pump at the expense of work obtained from expansion of liquid
refrigerant in the expander. A mathematical model is proposed to determinate the energy and
exergy characteristics of the pumping device and the ejector cooling system as a whole.
Refrigerant R245ca is selected as the environmentally friendly low-boiling working fluid of ejector
cooling cycle in the present study. The results of the calculations show that there are operating
modes of the ejector cooling cycle when its operation is unfeasible. The optimal operating
conditions of the ejector cooling cycle with feed pump driven by expander are determined. In
addition, the effect of the proposed pumping device on the energy and exergy losses of the cycle is
investigated.
Keywords: Ejector, Ejector cooling cycle, Expander, Feed pump, Performance.

1. INTRODUCTION
An ejector cooling machine (ECM) refers to the class of vapor heat-driven cooling machines and it
is an installation in which the Rankine (power) cycle and the vapor mechanical compression
cooling cycle are combined and performed (Chen et al., 2016). At the same time, the ejector
performs the functions of a turbine and a compressor, but it has no moving elements, and it is
structurally significantly simpler than the latter (Chunnanond and Aphornratana, 2004).
It is necessary to use a feed pump to supply liquid refrigerant from the condenser to the vapor
generator for power cycle realization. For this purpose the electrically driven feed pumps are
usually used in the ECMs. The use of feed pump that consumes heat for its operation is one of the
means for improving the operational reliability, technical and economic characteristics of ECM and
the expansion of application area. This can make the ECMs independent from the electric power
supply source (Petrenko et al., 2010).
At the present time, there are many proposals for the design of ECMs with various heat-driven
pumping devices, both periodical and continuous principle of operation. However, none of the
proposed technical solutions has been brought to the level of a reliable operating device so far
(Besagni et al., 2016).
The analysis of the ejector cooling cycles with heat-driven feed pumps showed that using of
additional energy from an external source to supply the working fluid to the vapor generator leads
to a decrease in the ejector cycle efficiency. At the same time, in the ejector cooling cycle it is
possible to obtain the work for feed pump operation by using the expansion work of the refrigerant
obtained in the expander. This solution allows avoiding the supply of additional energy to the
ejector cooling cycle from external sources and losses during throttling, thereby increasing cycle
efficiency.
The research aims of the study are to determine the possibility of using the expansion work of the
refrigerant obtained in the expander to drive the feed pump that supplies the working fluid to the
vapor generator, as well as the optimal operating conditions of the ejector cooling cycle with the
feed pump driven by expander. The paper presents the analysis of the proposed ejector cooling
cycle and investigation the effect of the proposed pumping device on the energy and exergy losses
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of the cycle. Refrigerant R245ca is selected as the environmentally friendly low-boiling working
fluid of ejector cooling cycle (Shestopalov et al., 2015).

2. EJECTOR COOLING SISTEM DESCRIPTION
The schematic diagram of the ECM with feed pump driven by expander is shown in Figure 1. In the
proposed cycle the expansion work of the refrigerant obtained in the expander is directly used to
increase the pressure of the working fluid supplied to the vapor generator. In this case, the
expander and the feed pump are connected by a transmission gear, which ensures the transfer of
mechanical energy between the devices. The thermodynamic cycles of the proposed and
conventional (with expansion valve) ejector cooling systems in T-s diagram is shown in Figure 2.

Fig ure 1: Diagra m of th e ejec to r coolin g s ystem with feed pu mp driv en b y expand er

Fig ure 2: Eject or coolin g cycl es in T -s diagr am

The operating principle of ejector cooling cycle is as follows. The refrigerant is boiled at relatively
high pressure PG and temperature TG in the vapor generator by heat QG supplied from the external
heat source. Then the primary vapor with a mass ﬂow rate of ṁP enters the primary nozzle of the
ejector where it is accelerated to supersonic speed at the nozzle outlet with a significant reduction
in pressure. This supersonic flow creates a very low pressure in the mixing chamber and it ensures
a suctioning effect of secondary ﬂow with a mass ﬂow rate of ṁS from the evaporator at low
pressure PE. Then the mixture of primary and secondary vapors enters the diffuser where its
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pressure is increased. After that the compressed mixture ﬂows to the condenser. This compressed
mixture is condensed to a liquid state at condensing pressure PC and temperature TC due to heat
QC rejected to the environment. After condenser the obtained liquid refrigerant is divided into two
parts. One part of the refrigerant is expanded in an expander to the low-pressure state PE
producing work ẆEXP. Then this refrigerant enters the evaporator, where it is evaporated at low
temperature TE consuming heat QE supplied from a cooled medium. This vapor is entrained by the
ejector. The other part of liquid refrigerant is pumped back to the vapor generator by the feed pump
with consumption of the work ẆFP =ẆEXP. The liquid is ﬁnally entered the vapor generator, thus
completing the ejector cooling cycle.
The expander and the feed pump should be made as a single unit to reduce irreversible losses in
the transfer of work between these elements. The transfer of mechanical energy in such unit is
carried out by means of a shaft on which the expander impeller and the operating element of the
feed pump (impeller, gear, etc.) are located.
In the present study, an ejector with a conical-cylindrical mixing chamber is considered (Figure 3).
When analyzing the proposed ECM the real gas-dynamic processes are taken into account. This
approach will allow evaluating the operational integrity of the proposed solution in a real ejector
cooling cycle. In this case, the entrainment ratio ω as characteristic of the ejector performance is
defined by the method proposed by Shestopalov et al. (2015). According to this method the
irreversible losses of the refrigerant flowing through the nozzle, mixing chamber, diffuser, and
entrance part of the mixing chamber are taken into account by the velocity coefficients φ1, φ2, φ3
and φ4, respectively. The values of these coefficients are determined experimentally and they are
assumed to be φ1 = 0.95, φ2 = 0.975, φ3 = 0.9 and φ4 = 0.925 in this study.

Fig ure 3: Design of supe rsonic ej ector w ith conical -cylindri cal mi xing ch amber

3. ANALYSIS OF THE EJECTOR COOLING CYCLE
For simplicity, the analysis of the ejector cooling cycle with feed pump driven by expander is
carried out taking into account the following assumptions:
1.
The refrigerant in the cycle is at steady state.
2.
Heat transfer processes in the heat exchangers of the ejector cooling system occur without
hydraulic and thermal losses.
3.
Only physical exergies are used for proposed refrigerant. Chemical exergy is neglected
because chemical reactions are rare and have negligible impact when compared to the physical
exergy of organic substances.
4.
The potential and kinetic exergy of materials is also neglected, since the proposed system
and its components are at rest relative to the environment.
5.
The rate of exergy loss is neglected, because all outer surface of the system is at constant
reference temperature.
3.1.

Energ y anal ysis

In the proposed ejector cooling cycle, the obtained in the expander expansion work of the
refrigerant must be fully spent on increasing the pressure of the liquid working fluid supplied to the
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generator. The deficiency of the expansion work leads to the impossibility of driving the feed pump.
At the same time, the excess of the expansion work results in the need to divert excess work from
the cycle. Taking into account the irreversibility of the processes in the devices, the balance of
mechanical work for the expander and the feed pump can be expressed with Eq. (1).

W
WEXP,S EXP  FP,S

FP

Eq. (1)

where ηEXP and ηFP are the efficiency of the expander and feed pump, respectively; ẆEXP,S and
ẆFP,S are the adiabatic work of the expander and the feed pump, respectively, which can be
determined by Eq. (2) and Eq. (3):

W EXP,S  m E  w FP  m E   h5  h8S   m E   5   PC  PE 

Eq. (2)

W FP,S  m P  w FP  m P   h8S  h5   m P   5   PG  PC 

Eq. (3)

After the conversion, Eq. (1) can be represented in the following form Eq. (4):

W FP,S  W EXP,S   O

Eq. (4)

where ηO is the overall efficiency of the unit, which includes the expander and the feed pump

 O   EX P  FP

Eq. (5)

Taking into account Eq. (2) and Eq. (3), the overall efficiency of the unit, including the expander
and the feed pump can be expressed from Eq. (4) in Eq. (6):

O 

m P 5   PG  PC 
m E   h5  h8S 

Eq. (6)

m S
m P

Eq. (7)

5   PG  PC 
   h5  h8S 

Eq. (8)

QE m S  h9  h8S 

QG m P  h1  h6S 

Eq. (9)

Considering that the entrainment ratio ω is defined as the ratio of the secondary and primary flow
rates


then Eq. (6) can be represented in Eq. (8)

O 

The thermal coefficient of performance for the proposed ejector cooling cycle is determined by the
Eq. (9):

COPTHERM 
3.2.

Exerg y anal ysis

An evaluation of the energy usage efficiency in the ejector cooling cycle with feed pump driven by
expander is carried out on the basis of the method proposed by Bejan et al. (1996).
The exergy of each state point can be calculated with Eq. (10):
E i  m i  e i  m i  h i  h 0  T 0  s i  s 0 

(10)

The exergy balance for the system’s i-th component can be expressed in Eq. (11) by using proper
definitions for the exergy of fuel ĖF,i, exergy of product ĖP,i, and exergy destruction ĖD,i:
E F, i  E P, i  E D, i

(11)

Equations for each component of the proposed and conventional (with electric feed pump and
expansion valve) ejector cooling systems are given in Table 1.
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Table 1. E qu ation s fo r exerg y anal ysis of th e ejec tor cooling system s

Proposed ejector cooling system
Component

Exergy of product ĖP,i

Exergy of fuel ĖF,i

Exergy destruction ĖD,i

Evaporator

E P , E  E 1 6  E 1 5

E F , E  E 8 S  E 9

E D, E  E F, E  E P, E

Generator

E P ,G  E 1  E 6 S

E F , G  E 1 1  E 1 2

E D, G  E F, G  E P, G

E P , E J  E 4

E F , E J  E 1  E 9

E D, EJ  E F, EJ  E P, EJ

E P , С  E 1 4  E 1 3

E F , С  E 4  E 5

E D, C  E F, C  E P, C

E F , E X P  W E X P

E P , E X P  E 5  E 8 S

E D , E X P  E F , E X P  E P , E X P

Feed pump

E P , F P  E 6 S  E 5

E F, FP  W FP

E D, FP  E F, FP  E P, FP

System total

E P ,T O T  E P , E  E F , E X P  E P , F P

E F,TOT  E F,G

n
E D,TOT  i 1 E D,i

Ejector
Condenser
Expander

Conventional ejector cooling system
Component

Exergy of product ĖP,i

Exergy of fuel ĖF,i,

Exergy destruction ĖD,i

Evaporator

E P , E  E 1 6  E 1 5

E F , E  E 8 h  E 9

E D, E  E F, E  E P, E

Generator

E P ,G  E 1  E 6 S

E F , G  E 1 1  E 1 2

E D, G  E F, G  E P, G

E P , E J  E 4

E F , E J  E 1  E 9

E D, EJ  E F, EJ  E P, EJ

Condenser

E P , С  E 1 4  E 1 3

E F , С  E 4  E 5

E D, C  E F, C  E P, C

Expansion valve

E P , E V  m S  e 8Th

E F , E V  m S  e 5M  e 5T  e8Mh 

E D , E V  E F , E V  E P , E V

Feed pump

E P , F P  E 6 S  E 5

E F, FP  W FP

E D, FP  E F, FP  E P, FP

System total

E P, TOT  E P, E

E F,TOT  E F,G  E F,FP

n
E D,TOT  i 1 E D,i

Ejector

The following indicators are used for the system’s performance evaluation.
The exergetic efficiency for i-th component ηEX,i is defined as the ratio between the exergy of
product for the i-th component and the exergy for the i-th component, as shown in Eq. (12):

E

 EX, i   P, i
E F, i

(12)

The total exergy efficiency of the system ηEX,TOT is determined in Eq. (13):

E

 EX,TOT   P,TOT
E F,TOT

(13)

where ĖP,TOT and ĖF,TOT are the total exergy of product and the total exergy of fuel, respectively.
The exergy destruction ratio for i-th component yi, percentage of exergy destruction with i-th
component yD,i in the overall exergy destruction and ratio yTOT are defined in Eq. (14), Eq. (15), and
Eq. (16), respectively:

yi 

E D,i
E

(14)

F,TOT

y D,i 

E D,i
E

(15)

D,TOT

y TOT 

E D, TOT
E

(16)

F, TOT
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4. RESULTS AND DISCUSSION
The proposed ejector cooling cycle has been investigated for air-conditioning application with fixed
cooling capacity QE = 1 kW, and fixed evaporating temperature TE = 8 °C. The condensing
temperatures TC and generating temperatures TG used in the parametric study are taken in the
range from 30 to 40 °C and from 70 to 100 °C, respectively. The results of the theoretical study are
presented in Figures 4–6.
Figure 4a and Figure 4b show that ω and COPTHERM are increasing with decreasing TC and
increasing TG. This is explained by the increasing in the expansion pressure ratio E = PG/PE, and
the decreasing in the pressure lift ratio C = PC/ PE. As it is seen from Figure 4a, the value of ω is
the same for the proposed and conventional ejector cooling cycles. At the same time, the
COPTHERM values are slightly higher for the ejector cooling cycle with feed pump driven by
expander. It is caused by increasing the specific cooling capacity qE in the proposed cycle due to
reducing of irreversible losses during expansion of the refrigerant in the expander. The relative
reduction in COPTHERM for the proposed system compared to conventional system for TС = 30–
40 °C and TG = 70–100 °C is from 0.63 to 1.41%.

a)
b)
Fig ure 4: Variation of ω (a) and COPTHERM (b) with TG fo r R245ca at TE = 8 °С and dif ferent TC

Figure 5a illustrates the effect of temperatures TC and TG on the overall efficiency ηO of the
proposed ejector cooling cycle. As evident in Figure 5а, the variation of ηO with TG has minimal
values that shift towards lower temperatures TG with decreasing TС. For the considered operating
modes, the minimum values of ηO are 0.558–0.581 at TС = 30–36 °C and TG = 70 °C, 0.609 at
TС = 38°C and TG = 75 °C, and 0.635 at TС = 40°C and TG = 80 °C. Thus, from Figure 5a, it follows
that the operation of a real pumping device is mostly appropriate at low TС and TG. In addition, the
ηO values in a given mode for a real pumping device must be higher than the values shown in
Figure 5a. In this case, the irreversible losses for expanding of the refrigerant in the expander and
increasing the pressure of the working fluid in the feed pump can be considered.
In the proposed ejector cooling system, the exergy of fuel is provided by only the heat of the hot
water supplied to the generator, because the feed pump obtains the work from expander. The
exergy of product is a cooling effect provided by the evaporator. The system’s total exergy
destruction includes the exergy destruction of each system component, while the system’s exergy
losses are rejected into the environment through the condenser. The exergy analysis shows that
using of the feed pump driven by expander results in reduction the total exergy destruction. As
shown in Figure 5b, the ĖD,TOT values increase when TC increases. At the same time, the ĖD,TOT
values decrease when TG increases in the range of TС = 30–36 °C and have minimum values in
the range of TС = 38–40 °C. The relative reduction in ĖD,TOT for the proposed system in compared
to conventional system for TС = 30–40 °C is from 1.92 to 2.66% at TG = 70 °C, and from 1.99 to
3.32% at TG = 100 °C.
The using of the feed pump driven by expander leads to increasing the exergetic efficiency of the
proposed system. The function ηEX,TOT = f(TG) has maximum values that shift toward higher
temperatures TG with increasing TС (see Figure 6a). The maximum values of ηEX,TOT are 3.82–
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7.01% for the proposed system and 3.36–6.55% for the conventional system when TС varies from
40 to 30 °C. Thus, the relative increase in ηEX,TOT for condensing temperatures TС = 30–40 °C is
7.02–13.69%.
Low energy efficiency of the ejector cooling cycle leads to significant losses in the exergy of fuel.
As it can be seen from Figure 6b, the yTOT values increase with decreasing temperature TС and
reach maximum values at TС = 30 °C. At the same time, the effect of generating temperature TG on
the value of yTOT at low condensing temperatures TС becomes insignificant. In general, for the
considered operating modes of the ECM, the yTOT values are 73.78–92.47% and 74.29–92.45% for
the proposed and conventional ejector cooling cycles, respectively.

a)
b)
Fig ure 5: Variation of COPO (a) and ĖD,TOT (b) with TG fo r R245ca at TE = 8 °С and d iff erent TC

a)
b)
Fig ure 6: Variation of η EX,TOT (a) and y TOT (b) with TG fo r R245ca at TE = 8 °С and dif ferent TC

5. CONCLUSIONS
In this paper, an ejector cooling cycle with feed pump driven by expander was proposed.
Thermodynamic analysis of this ejector cooling cycle with evaporating temperature TE = 8 °C,
condensing temperatures TС = 30–40 °C and generating temperatures TG = 70–100 °C was
conducted. Refrigerant R245ca was investigated as working fluid.
According to theoretical study for the design of proposed ejector cooling cycle, the most important
findings are as follows.
1. The using of the expansion work obtained in the expander for driving the feed pump is possible
only at low condensing temperatures TС and generating temperatures TG. The operation of the
ECM at high temperatures TС and TG will require the creation of a pumping device with an
efficiency ηO close to 1. This leads to significant limitations in the possibility of using such device in
actual operating conditions.
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2. The need to take into account irreversibility when expanding the refrigerant in the expander and
increasing the pressure of the working fluids in the feed pump increases the required values of ηO
for the pumping device operation in comparison with those values obtained in this study. Creating
such pumping device with minimal losses in structural elements is very difficult, and the pumping
device will have a high cost. In addition, higher ηO values will further narrow the allowable
operation modes of the ECM.
3. Replacing the expansion valve into the expander and using of the expansion work for driving the
feed pump leads to increasing the energy and exergy efficiency of the proposed system. However,
this increase in efficiency is not significant. Thus, the relative increase in the COPTHERM value for
the proposed system compared to the conventional ejector cooling cycles for condensing
temperatures TС = 30–40 °C and generation temperatures TG = 70–100 °C is 0.63–1.41%, and the
relative increase in ηEX,TOT is 7.02–13.69%.
In view of the above, it should be noted that the using of the expansion work obtained in the
expander for driving the feed pump in the ejector cooling cycle is possible, but the area of
application is limited.
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NOMENCLATURE
COP
Ė
ṁ
q
s
υ
Ẇ
η

coefficient of performance
exergy (kW)
mass flow rate (kg s-1)
specific heat (kJ kg-1)
entropy (kJ kg-1·K-1)
specific volume (m3 kg-1)
work (kW)
coefficient of efficiency

e
h
P
Q
T
ẇ
y
ω

specific exergy (kJ kg-1)
specific enthalpy (kJ kg-1)
pressure (kPa)
heat transfer (kW)
temperature (°C or K)
specific work (kJ kg-1)
exergy destruction ratio
entrainment ratio
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ABSTRACT
Phase Change Materials have been largely studied in the last decades, due to their
capability to store (and release) thermal energy, with a consequent energy savings in several
applications.
They are applied in buildings industry, food storage, smart textiles, medicine, space,
automotive, and solar application.
PCMs are employed in encapsulated forms or immersed in different matrix. In the last years,
nanoparticles of PCMs dispersed in a base fluid have been studied to understand their
possible capability as heat transfer fluids, especially in solar or HVAC applications, where the
latent heat of fusion of these materials can be exploited as additional heat capacity.
This study focuses on the development and characterization of phase change materials
emulsions, in order to understand their possible use as secondary fluids. Stability, density,
thermal conductivity, heat capacity and latent heat were measured and reported.
Keywords: Phase Change Material Emulsion (PCME), Water, Paraffin, Latent Heat, Thermal
Conductivity, Density.

1. INTRODUCTION

Over last decades, phase change materials (PCMs) have been largely studied due to their
capability to store thermal energy available or produced during off-peak hours, with
consequent energy savings in several applications (Mehling and Cabeza, 2008). From a
technological point of view, solid-liquid and solid-solid transitions are particularly attractive,
since associated volume modifications are considerably lower than in other phase changes.
However, bulk PCMs in solid state cannot be pumped and thus the utilization of solid-liquid
and solid-solid latent heat is usually restricted to systems involving conventional storage
components that contain the PCM (Fischer et al., 2017). A possibility to face this limitation is
to employ two-phase fluids in which PCMs are suitably mixed/dispersed in conventional
carrier fluids. Resulting materials, usually known as phase changing slurries (PCS), can be
used as media to both transport and store thermal energy, avoiding heat losses due to
intermediate heat exchangers. Potential interest in PCS is evidenced by the relatively
extensive research developed in that field during just over a decade (Delgado et al., 2012;
Youssef et al., 2013), as well as the fluids patented and/or commercialized by several
companies and international research centers (BASF; Fraunhofer; Rajagopalan and Prieto,
2018). Among different technologies to produce PCSs, phase change material emulsions
(PCMEs) are especially attractive as, in this case, PCMs are not encapsulated, but directly
dispersed in the carrier fluid by means of an appropriately selected surfactant (mixture).
Thus, PCM and carrier fluid must exchange stored energy simply through a surfactant
protective layer with almost negligible thermal resistance (Shao et al., 2016). In addition,
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since shell material and coating process are avoided, PCMEs can be formulated in a costeffective manner (Zhang and Zhao, 2017).
PCMEs can combine the latent capacity provided by the PCM used as dispersed phase and
the good transport properties of the carrier fluid employed as continuous matrix. However, a
proper design is also key issue to balance the main disadvantages of resulting emulsions.
Thus, small PCM drops are usually preferred to avoid large increases in dynamic viscosity
and to ensure long-term thermal stabilities. However, a great number of PCMs exhibit
differences in temperature between melting and solidification processes and this effect
worsens as the fraction of material undergoing the phase change reduces in size. Thus, size
reduction can lead to large sub-cooling. Sub-cooling or over-cooling is an undesirable
phenomenon due to which a material remains liquid below its melting temperature.
Solidification temperatures up to 15ºC lower than melting point were observed by Huang et
al. (2010), when they experimentally studied the phase change transition of different paraffinin-water emulsions. This behavior has been attributed in the literature (Günther et al., 2011)
to isolation of nucleation sites, which requires that every single droplet has to be nucleated
separately. A common strategy to reduce the sub-cooling of PCMEs is to introduce additional
seeds that act as impurities and trigger heterogeneous solidification. Nanoparticles or PCMs
with a higher melting point than the dispersed phase were utilized as nucleating agents (NA)
in the literature (Huang et al., 2010; Wang et al., 2017). However, since nucleating agents do
not participate in the storage of thermal energy (while contribute to viscosity increase and
destabilizing process), the content of NAs in the PCMEs must be minimized as much as
possible.
Aqueous emulsions or slurries of paraffin have been investigated as possible energy storage
and heat transfer media in heating, ventilation and air conditioning (HVAC) systems or
thermal facilities based on solar technologies, among others (Shao et al., 2015; Zhang et al.,
2016). In these applications, the latent heat absorbed/released by PCM drops can be
exploited as additional energy to enhance the storage capacity of the facility or for
temperature regulation. This last option can be particularly interesting in cooling applications.
Zhang and Niu (2010) experimentally studied the performance of a slurry of
microencapsulated n-hexadecane (melting temperature around 18ºC) in a storage tank
cyclically heated and cooled between 5 and 25ºC. Although PCS was found potentially
interesting for building temperature regulation, the large sub-cooling (with a melting
temperature below 7-8ºC) did not allow exploiting the full potential of the emulsions. Shao et
al. (2016) produced water-based emulsions of RT10 at 30 wt.% paraffin concentration with
almost negligible sub-cooling and nearly double storage heat capacity compared to water.
However, the large average droplet size (~3 µm) and high paraffin content resulted in huge
dynamic viscosity increases and thermal conductivity reductions of up to 30%. Thus, more
research on the design and characterization of phase change material emulsions is
necessary to better understand their behavior during phase change and better evaluate their
potential as secondary fluids.
In this work, new water-based PCMEs of pure n-heptadecane or commercial RT21HC
paraffin with nanometric drops are formulated. Sample stability was evaluated over time and
after submitting emulsions to freeze-thaw cycles and mechanical shearing. Phase change
transitions were characterized in terms of latent heat and temperature and this information
was used to evaluate the enhancement in heat storage capacity provided by PCM drops.
Finally, thermal conductivities and densities are also reported.

2. EXPERIMENTAL SECTION
2.1.

Materials and nanoemulsion design

Phase change material nanoemulsions with PCM concentrations of 2 wt.%, 4 wt.% and 10
wt.% were prepared by using a hexane-assisted emulsification method proposed in Agresti
et al. (2019). Deionized water (18.2 MΩ·cm at 25ºC), utilized as base fluid, was produced by
a Millipore system (Billerica MA, USA). n-heptadecane, (C17, mass purity >99%, Alfa Aesar)
and a technical grade RT21HC paraffin (Rubitherm Technologies GmbH, Germany) were
used as dispersed phases, while RT55 and RT70HC paraffin waxes (Rubitherm
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Technologies GmbH, Germany) were tested as nucleating agents. Sodium dodecyl sulfate,
SDS, (98%, Sigma Aldrich) was utilized as surfactant.
Ζeta potential and hydrodynamic droplet size measurements were performed by a Zetasizer
Nano ZS (Malvern Instruments Ltd, United Kingdom) based on Dynamic Light Scattering
(DLS) technique. Experiments were carried out at 25ºC with a scattered angle of 173° by
using a 4 mW He-Ne laser (wavelength of 633 nm). Studied representative samples exhibit
negative Zeta potentials larger than -71 mV. These results (in absolute value) are
considerably higher than the threshold of 30 mV usually assumed as indication of good
stability in aqueous suspensions. Nano-PCMEs formulated with 2 wt.% and 4 wt.% paraffin
contents exhibit average droplet diameters ~90-110 nm, while this value is ~130-150 nm for
the samples formulated with 10 wt.%. No destabilization evidences or significant variations in
average diameter were observed when nano-emulsions were kept in static conditions along
a month (Fig. 1a) or when samples were subjected to several freeze-thaw cycles in the
temperature range between 3ºC and 30ºC (Fig. 1b). The good stability was also verified
when RT21HC/W emulsion prepared with 10 wt.% was mechanically sheared for 6 hours at
temperatures of 10ºC (solid paraffin droplets) or 30ºC (liquid paraffin droplets).
200
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Figure 1. (a) Droplet average diameter vs. time for C17/Water nano-PCMEs and (b) average size
evolution with freeze-thaw cycling for nanoemulsions with 4 wt.% paraffin contents

2.2.

Thermophysical characterization

Solid-liquid and solid-solid phase change transitions were analyzed in the temperature range
from ~0ºC to 60ºC by means of a differential scanning calorimeter, DSC, Q2000 (TA
Instruments, New Castle, USA) refrigerated with a cooling system RSC90. Samples sizes of
~2 mg (in the case bulk paraffin) and ~10 mg (for nanoemulsions) were inserted and
hermetically crimped in aluminum pans. DSC cells were weighted before and after the tests
in order to check that no change in mass had occurred during experiments. Analyses were
carried out with scanning rates from 1 to 5 ºC/min, in nitrogen (molar purity higher than
0.99999) atmosphere by following a three-run method (IEA SHC, 2011). Experimental
uncertainties in enthalpy and temperature measurements with this device are 1.2 J/g
(repeatability of 0.7 J/g) and 0.3 ºC (repeatability of 0.1 ºC), respectively (Cabaleiro et al.,
2014).
Thermal conductivities in the temperature interval between 2ºC and 60ºC were obtained
using a hot disk thermal constants analyzer model TPS 2500 (Hot Disk AB, Sweden). This
instrument ensures accurate measurements of liquids, solids and powders over a thermal
conductivity range from 0.005 to 500 W/(m·ºC). In this study a TPS sensor consisting of a
double spiral with a radius of 2 mm, made of nickel wire and covered with Kapton was
selected for experiments. Although instrument uncertainty declared by manufacturer is 5%,
previous tests performed on stainless steel and deionized water show percentage absolute
average deviations lower than 2% (Colla et al., 2017; Fedele et al., 2012). A further
description of instrument and experimental method can be found in (Colla et al., 2017;
Fedele et al., 2012).
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Density measurements were carried out at temperatures from 15ºC to 30ºC by means of a
DMA 500 densimeter (Anton Paar, Austria). Experimental device was calibrated with water
and toluene as reference materials and an uncertainty better than 0.1% was estimated (Żyła
et al., 2018).

3. RESULTS AND DISCUSSION
3.1.

Phase Change Characteristics

DSC curves obtained for some representative PCMEs are presented in Fig. 2. The two
characteristic endothermic transitions of n-heptadecane (Acree and Chickos, 2017) can be
observed in the three heating thermograms of C17-nanoemulsions prepared without any
nucleating agent (Fig. 2b). The peak at lower temperature (~8-10ºC depending on the
nanoemulsion and 10.5ºC for pure n-heptadecane) corresponds to a solid-solid transition in
which n-heptadecane passes from an orthorhombic crystalline structure to a disordered
phase, while the peak at higher temperature (~19-20ºC for PCMEs and 21.3ºC for pure C17)
is the melting transition.
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Figure 2. (a,c) Cooling and (b,d) heating DSC thermograms of some representative
nanoemulsions formulated using (a,b) C17 and (c,d) RT21 paraffins as dispersed phase.
Scanning rate: 5 ºC/min
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Shifts towards lower temperatures were previously reported in the literature (Puupponen et
al., 2015) for melting transitions of nano-PCMEs. This behavior was attributed to the larger
free energy of PCM droplets as a consequence of a higher surface to volume ratio
(Puupponen et al., 2015). Likewise, cooling DSC curves of C17/Water samples without
nucleating agent (Fig. 2a) also present two exothermal events. However, while the subcooling (difference between onset temperatures of melting and solidification transitions) of
the bulk-C17 is ~1ºC only, this difference reaches 13ºC for some studied nanoemulsions.
Regarding commercial RT21HC paraffin (Fig. 2c and 2d), similar behaviors were observed.
In this case, the main differences are that DSC curves present only one peak (as also occurs
to bulk-RT21HC in the analyzed temperature range) and maximum sub-cooling is 11.1ºC.
In order to try to reduce sub-cooling effect, two different commercial waxes (RT55 and
RT70HC) with higher transition temperatures than the dispersed phase were considered (55
and 70°C, respectively). In all cases, the NA:C17 or NA:RT21HC mass ratio was fixed at
10%:90%. The addition of tested nucleating agents decreases the difference between
melting and solidification temperatures. However, obtained reductions in sub-cooling (up to
3.2ºC with RT55 and 2.3ºC with RT70HC) are far from our initial expectations.
Enthalpies variations associated to these transitions increase with the concentration of the
dispersed phase. However, these values are about 12-35% lower than the values expected
according to the following mass relation:

Δhlat,PCME = ϕPCM·Δhlat,PCM

Eq. (1)

Experimental latent heats up to 20% lower than Eq.(1) were also found by Zhang et al.
(2016) when studied aqueous emulsions of n-octacosane. These differences may be due to
the existence of a paraffin layer anchored to the surfactant that does not participate in the
phase transition (Agresti et al., 2019).
Given the additional latent heat absorbed/released by paraffinic droplets during their
melting/solidification, PCM-emulsions are expected to exhibit larger heat storage capacities
than those of water (in which thermal energy is simply stored as sensible heat). Fig. 3a
shows the improvement in heat storage capacity of nanoemulsions formulated without any
nucleating agent as a function of the temperature range covered by the thermal fluid (only
thermal energy related to melting transitions was considered for C17/W samples).
8
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Figure 3. (a) Heat storage capacity enhancements vs. temperature interval covered by the PCME,
Δ T.
(◇) Enhancements obtained for an ideal ΔT= sub-cooling. (b) Improvements in heat storage
capacity for PCMEs prepared at 4 wt.% with and without nucleating agent

Considering a temperature difference equal to the sub-cooling (minimum ideal interval to be
covered by emulsions so that PCM drops reversely undergo solid-liquid phase change),
maximum improvements in storage capacity reach 16% and 21% for the C17 (10 wt.%)/W
and RT21 (10 wt.%)/W samples. A comparison between the results obtained for
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nanoemulsions prepared with 4 wt.% of total dispersed phase with and without nucleating
agents (Fig. 3 b) shows that, despite the lower latent heat provided for the samples with NA,
the reductions in sub-cooling lead to larger heat storage capacities in most of the cases. This
fact highlights the need to continue reducing sub-cooling effect in these PCM
nanoemulsions.
Finally, emulsion thermal reliability was also assessed through an analysis in which several
samples were subjected to 100 cooling-heating cycles. Results do not show any appreciable
difference between first and last solidification or melting transitions.
3.2.

Thermal Conductivity

Experimental thermal conductivities of n-heptadecane and RT21HC aqueous emulsions are
plotted together with the values obtained for water and bulk-paraffins in Fig. 4.
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Figure 4. Thermal conductivity of (a) C17 and (b) RT21HC systems

As expected, considering the lower thermal conductivity of bulk-C17 (0.149 W/m·ºC at 30ºC)
and bulk-RT21HC (0.153 W/m·ºC at 30ºC) in comparison with water, thermal conductivity
reduces with the increasing PCM concentration present in the emulsion. Reductions in this
property reach 9% at the highest concentration of dispersed phase (10 wt.%). In this case,
no significant differences were observed when a 10% of paraffinic nucleating agent was
incorporated to the dispersed phase.
3.3.

Density

Density temperature dependence obtained for the nano-PCMEs prepared at 4 wt.% and 10
wt.% paraffin concentrations is presented in Fig. 5.
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Figure 5. Density temperature dependence for (a) C17 and (b) RT21H aqueous nanoemulsions
prepared at paraffin concentrations of 4 wt.% and 10 wt.%. (- -) Water densities reported by Refprop
9.0 (Lemmon et al., 2010) and (—) values predicted by Eq. (2)

Density reduces as increases the paraffinic content in the emulsion increases. In this case,
reductions reach 1.4% at 15ºC (when PCM drops are solid state) and 2.5% at 30ºC (liquid
PCM drops) for the C17(10wt.%)/W sample. Changes in density around melting transition
are consequence of the volumetric expansion of PCM drops when paraffin undergoes the
solid-liquid transition. Experimental results were also compared with the values calculated by
means of the following equation based on mixing theory:
1

ρPCME

=

ϕPCM ϕSDS 1 - ϕPCM - ϕSDS
+
+
ρPCM ρSDS
ρW

Eq. (2)

Maximum deviations of 0.35% were found between theoretical and experimental values
when the PCM drops were liquid.

4. CONCLUSIONS
A solvent-assisted method was used to produce PCM-in-water emulsions with nanometric
paraffin drops. Samples proved stability (no evidences of phase separation or significant
growth in droplet size) through storage, after freeze-thaw cycling or under mechanical
shearing. Two different commercial paraffin waxes with higher melting point than nheptadecane and RT21HC were considered as nucleating agents to try to decrease the
strong sub-cooling effect (up to 13ºC) of considered PCMs. However, only partial reductions
(≤3.2ºC) in this undesirable phenomenon were obtained. Latent heat capacity of
nanoemulsions reduces when a nucleating agent is incorporated to the dispersed phase.
However, the lower sub-cooling of those last samples allows better profiting stored heat. As
expected, thermal conductivity and density decrease with increasing paraffin concentration:
maximum reductions reach 9% and 3%, respectively. Further research is necessary to
control the sub-cooling effect and comprehensively evaluate the potential of these materials
as possible secondary fluids. The characterization of other transport properties such as
dynamic viscosity is part of the ongoing investigation of the authors.
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NOMENCLATURE
cp
C17
DSC
Δh
φ
k
lat.
NA
PCM

Isobaric specific heat capacity [J/g·ºC]
n-heptadecane
Differential scanning calorimeter
Enthalpy [J/g]
Mass fraction
Thermal conductivity [W/m·ºC]
Latent
Nucleating agent
Phase change material

PCS
PCME
ρ
RT21HC
RT55
RT70HC
SDS
T
W

Phase changing slurry
Phase change material emulsion
Density [g/cm3]
Rubitherm RT21 paraffin
Rubitherm RT55 paraffin wax
Rubitherm RT70HC paraffin wax
Sodium dodecyl sulfate
Temperature [ºC]
Water
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ABSTRACT
This paper presents simulation results concerning the temperature distribution in a ventilated and
refrigerated display cabinet loaded with products. Using the nodal method, a numerical model of
the dynamic thermal behaviour of a ventilated display cabinet was developed. A CFD simulation
study of the entire cabinet was made to determine the airflow distribution between the shelves as
well as the heat transfer coefficient along the evaporator plate. The dynamic behaviour of the
cabinet with a temperature control of the refrigerating system was simulated. Such numerical
results are useful to discuss the dynamic thermal behaviour of the cabinet and the phenomenon of
thermal stratification.
Keywords: Closed Cabinet, Heat Transfer, Household Refrigerator, Model, Temperature Variation,
Unsteady State

1. INTRODUCTION
Domestic and commercial refrigeration represent an important part of the global energy
consumption. For example, in 2015 in France, domestic refrigerator consumption reached about
30% of the residential electricity consumption by end-users (Belman-Flores et al., 2015) (without
including the electrical heating consumption). In addition to a huge electricity consumption, it has
been observed that at the scale of France, 40% of perishable products located in a domestic
refrigerator are not being kept at the best preservation temperature (Cemagref and ANIA, 2004),
while it is recognized that temperature is the first parameter which certifies the preservation quality,
even though others could be considered.
The temperature field of domestic refrigerators has been studied for many years by CFD
simulations (Belman-Flores and Gallegos-Muñoz, 2016; Laguerre et al., 2007; Alfaro-Ayala et al.,
2017).
Owing to CFD, Ding et al. (2004) discussed the uniformity of the temperature field and highlighted
how it is improved when the system is ventilated. Indeed, when the compartment is ventilated, the
heat is transferred by mixed convection, or forced convection may even dominate (Gupta et al.,
2007). In order to reduce the calculation time, some studies explored other ways: Laguerre and
Flick (2004) developed a simple dynamic model of an unventilated refrigerator taking into account
heat transfer by natural convection, conduction and radiation. This model was found to be in good
agreement with experiments. Using a nodal method to reduce the calculation time, Laguerre et al.
(2012) proposed a nodal heat transfer model to predict the load temperature in an open vertical
display cabinet depending on various parameters (ambient temperature, radiation temperature,
…).
CFD is a powerful simulation tool, but its use is limited by the calculation time (e.g. more than 1
million cells for a loaded cabinet, which can result in several days of calculation (Bayer et al.,
2013)). The aim of the present communication is to report on the development of a dynamic nodal
model for a ventilated, refrigerated cabinet loaded with products. The model provides predictions of
the time evolution of the temperature field in the cabinet as a function of various parameters such
as ambient temperature, airflow distribution, material properties, mass airflow, etc., that all
contribute to condition the quality of preservation of the products. The reliability of the model is
tested and simulations are made for various external to internal temperature differences (Text -Tint).
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2. DESCRIPTION OF THE MODEL
Perforated
plate

Fan: total
airflow 𝑚

Evaporator

𝑇𝑝,𝑓1
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Figure 1 : Schematic view of a closed, ventilated
and refrigerated display cabinet with product
location (of temperature Tp) and air flow directions

2.1.

Figure 1 is a schematic view of a closed
cabinet with cabinet walls, airflows, product
positions on shelves (one charge at the front
and one at the back for each shelf except for
the bottom of cabinet where only one charge
is present at the front). Two vertical airflows
(one ascending at the front and one
descending at the back) as well as several
horizontal airflows (from back to front) are
created in the closed refrigerated cabinet
using a fan. The refrigerated cabinet is
closed, considered as perfectly hermetic (no
mass exchange with the environment). The
external air is supposed to be at a uniform
and constant temperature that is higher than
the internal temperature. Radiation heat
transfer is neglected as compared to
convection heat transfer. Conduction is
neglected in the perforated back plate whose
purpose is to ensure the distribution of the
airflow. All the properties of materials
(including air) such as density, heat capacity,
thermal conductivity and kinematic viscosity
are considered as constant in the small
temperature range of interest.
The simulation of the thermal cabinet
behaviour is based on a model of heat and
mass transfer in the enclosure. It is described
in the next section for one shelf and it must
be duplicated for each shelf.

Model of a single shelf

Conduction Convection Airflow Capacitor Thermostat Current generator Voltage generator
Figure 2 : Thermal-electrical analogy of one shelf inside a closed, ventilated and refrigerated cabinet
(conduction (cd); convection (cv); airflow (a); thermal inertia (C))

Figure 2 shows the nodal network used to represent the shelf located at the top (1 is relative to
the first shelf) with resistors for vertical and horizontal airflow transport (a), convection (cv),
conduction (cd). The subscript v (resp. h) is related to the conductive heat transfer in the vertical
(resp. horizontal) direction or to the convective heat transfer with the vertical (resp. horizontal)
airflow. This scheme does not include heat and mass transfer with the top area and shelf n°2. On
Figure 2, Tp,f_1 is the temperature of the product located at the front on the shelf n°1. Tj,f_1 is the
air temperature at the junction of the horizontal and front vertical airflow on the shelf n°1. Td, Tl, Tb
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T_ext are respectively the door, side (lateral) panel, back panel and ambient temperatures.
Thermal inertias are represented by capacitors with the following descriptors: p for product, v and h
for vertical and horizontal airflows, resp., j for junction airflows.
The evaporator, modelled as a heat source whose value is an input data, is located at the contact
of the internal back panel of temperature Tb,int_1. The cooling capacity is controlled by the
thermostat (th_ON/OFF): it is an ON/OFF controller to simulate the ON/OFF cycles of the cooling
system. When the thermostat is set ON (closed contact), the cooling capacity is injected into the
circuit: the temperatures decrease and the products are being cooled down. On the contrary, when
the thermostat is set OFF (open contact), the temperatures increase as the system tend to an
equilibrium with the external air (temperature Text). The thermostat controls the mean value of Tp
with a differential of ±0.5 K.
2.1.1. Thermal resistances associated to convection heat transfer
Convection is a major heat transfer mode for ventilated systems (see Figure 2). It is related to the
airflows present in the cabinet. The thermal resistance is expressed as:
1

𝑅𝑐𝑣 = ℎ𝑆

Eq. (1)

𝜆

Eq. (2)

ℎ = 𝑁𝑢 𝐿𝑎
𝑐

With h the convective heat transfer coefficient, S the heat exchange surface area, Nu the Nusselt
number, λa the thermal conductivity of air, Lc the characteristic length. The top, back, bottom, side
external panel areas are respectively 0.3, 0.8, 0.3, 0.8 m2 and the door area is 0.9 m2.
Heat transfer between the external panels and the outside is governed by natural convection. For
the sake of simplicity and as this is not the limiting side for the heat transfer, all the heat transfer
coefficients h for natural convection around the enclosure were set to 5 W×m-2×K-1.
Regarding the internal side of the panels, forced or mixed convection is present and the heat
transfer coefficient is to be determined owing to CFD simulation (section 3.2). Indeed, the vertical
airflows are not classical configurations because, contrary to most studies on forced convection
heat transfer, the mass flow rate along the channel boundaries is not constant. It decreases along
the rear wall (descending flow, with a part of the flow diverted in the successive channels formed
by the shelves), while it increases along the front door (ascending flow, with an added flow coming
from each channel). Leung et al. (1999) proposed a model for forced convection in a rectangular
duct having one wall perforated, but the geometry was too different from the cabinet one.
Finally, horizontal airflows between the shelves can be viewed as flows in rectangular narrow
channels formed by infinite parallel plates, an adiabatic one (shelf above the airflow) and one at
uniform temperature (products below the airflow). Because of the low velocities involved (cf.
section 3.1), the flow is always laminar (Re = ULc/ < 2200). The classical solution for fullydeveloped laminar flow between parallel plates was used: Nu = 4.86 (Rohsenow et al., 1998), by
assuming that the temperature gradients along the products, which are lower than 2 K/m, would
not change drastically the value of the Nusselt number.
2.1.2. Thermal resistances associated to conduction heat transfer
The cabinet is composed of several different materials. Each panel and door is considered as a
multi-layered material, which thermal conductivity is lumped together with the thickness w of the
materials to form the overall thermal resistance, with the parameters given in Table 1:
𝑤

Eq.(3)

𝑅𝑐𝑑 = 𝜆𝐴
Table 1 : Conduction resistance parameters of different materials of the cabinet

Material
Cabinet panels
Door
Product, vertical direction
Product, horizontal direction

λ (W×m-1×K-1)
0.0237
0.0237
0.6
0.6

w (m)
0.06
0.032
0.1
0.04
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The conductive cross-sectional surface areas A are identical to convective heat exchange surface
areas S for cabinet walls and door. For the products, the conductive cross-sectional surface areas
in vertical and horizontal directions are 0.15 and 0.03 m2, respectively.
2.1.3. Thermal resistances associated to heat transport
The transport resistance is linked to the mass flow rate 𝑚 and to the specific heat of the fluid Cp:
1

𝑅𝑎 = 𝑚𝐶𝑝

Eq. (4)

The horizontal mass flow distribution is related to the distribution of the vertical flow through the
perforated plate. Simple CFD simulations and experimental data were used to quantify this
complex flow distribution.
2.1.4. Thermal inertia
Thermal inertia C represents the thermal energy that the material can accumulate:
𝐶 = 𝑚 𝐶𝑝

Eq. (5)

The masses m of the air volumes represented by the horizontal node, by the vertical node, air
junction node, of the internal back panel node and of the product are 0.005, 0.01, 0.004, 0.16 and
7 kg, respectively. The specific heats of air, of the internal back panel and of the product are 1005,
890 and 4100 J×kg-1×K-1, respectively.
2.2.

Entire model

The model presented in Figure 2 was duplicated for each of the 13 shelves, and heat transfer
through the top and bottom panels were added. The lowest shelf (analogous to the vegetable box
on a domestic refrigerator) was also added to obtain the entire model.

3. IDENTIFICATION OF PARAMETERS
Two parameters are required in order to close the problem: the horizontal airflow distribution and
the convective heat transfer coefficient associated to the vertical airflows of non-homogeneous
mass flow rate. As explained previously (cf. end of section 2.1.1), these parameters were
determined from simple CFD simulations and experimental data.
3.1.

Horizontal airflow distribution

The airflow distribution was obtained by a CFD simulation that was compared against experimental
data to evaluate the possibility to generalise light (2D) computational approaches in future
systematic analyses of parametric influences.
3.1.1. Horizontal airflow distribution by CFD simulation
The CFD model developed to determine the distribution of the airflow between the shelves is 2D,
with the boundary conditions summarized in Table 2. The mesh comprises more than 1.9 million
cells.
Table 2 : Boundary conditions for the refrigerated cabinet airflow model

Boundary
Thermal specification
Mass flow rate
Pressure
Fan inlet
101325 Pa
Fan outlet
Tout = Tin
𝑚 = 0.014 kg×s-1
∆𝑃𝑜𝑢𝑡−𝑖𝑛 =0.5 Pa
Top Wall
4.5 W
Evaporator
-34.5 W
Bottom Wall
5W
Door
25 W
For a temperature difference between the outside and inside of the cabinet equal to 13 K (TextTint = 13 K), conduction heat gains through the walls were calculated and found to be equal to
34.5 W, which was thus the cooling power that was imposed at the evaporator to simulate a
steady-state behaviour; as a matter of fact, the thermal time constants are far larger than the air
flow time constant, so that the air flow can be analysed in steady-state conditions. The heat gains
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can be distributed over three areas (door, top and bottom walls, cf. Table 2) according to their
respective conductive resistances. The fan is simulated as a zone of mass flow inlet (into the
computational domain) at its outlet, and as a pressure outlet (of the computational domain) at its
inlet. The values of these inlet and outlet conditions were set at the operating conditions according
to the fan supplier datasheet.
The velocity field predicted by the CFD
Fan inlet
Fan outlet
simulation is presented in Figure 3. A zoom
on the fan area exhibits the inlet and outlet of
the fan as well as the velocity magnitude on
the right. On the left, a symmetry plane crosssectional view of the whole cabinet shows the
flow direction at each inter-shelves channel.
The velocity is found to be maximum at
channel n°2 and the minimum velocity is
observed at the bottom channel (n°14).
Moreover, the air velocity decreases rapidly
toward the lower inter-shelves channels
(increasing index number) so that to a certain
extent, if these predicted velocity fields are
correct, one can consider that only the first
channels are well ventilated.
Figure 3 : Predicted velocity field on the vertical
symmetry plane of the cabinet loaded with products

3.1.2. CFD simulation vs. experimental results
To confirm the airflow distribution obtained by CFD simulation, experimental measurements were
carried out in a closed, ventilated and refrigerated cabinet: a hot-wire anemometer was used to
register velocities at different positions along the Z- axis (5 measurement locations) and the X-axis
at each inter-shelves channel. Instead of reasoning in terms of velocity, it may be more convenient
to use mass flow rates that can be calculated as:
𝑚 = 𝑈𝐴𝜌

Eq. ( 6 )

Where ρ = 1.24 kg×m-3 (density of air) and A
0%
10%
20%
30%
40%
= 0.014 m² (cross-sectional area of the
1
airflow between the shelves).
2
Horizontal mass flow distributions obtained
3
from CFD and experimental measurements
4
are compared in Figure 4: the percentage of
5
the total mass flow is given for all channels (1
6
to 14). The CFD simulation results
7
overestimate the mass flow rate on the first
8
channels and underestimate others. This
9
overestimation is so large that according to
10
the CFD results, the two first shelves should
11
be crossed by more than 50% of the total fan
12
Numerical results
mass flow rate, while it is of about 20% only.
13
Experimental results
Besides, the experimental mass flow rate
14
distribution appears to be symmetrical and
Figure 4 : Percentage of horizontal mass flow rate
centred at the inter-shelves channel n°7: the
distribution through the perforated back plate at
mass flow rate is large at the top and at the
each inter-shelves channel
bottom of the cabinet, and low at mid-height.
The discrepancies between the numerical and experimental results are probably mainly due to the
oversimplified 2D description of the geometry, while the actual flow must exhibit non-negligible 3D
local effects. The tiny geometrical details of the perforated back plate that is present to help the
flow to be distributed homogeneously may also be invoked, as it could not be modelled precisely
without drastically increasing the mesh size and computational memory requirements. For the
nodal model, the experimental horizontal mass flow rate distribution was used to set the transport
resistances. Furthermore, it has been shown experimentally that the temperature difference
between the outside and inside of the cabinet has no influence on this distribution.
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3.2.

Convective heat transfer at vertical airflow
0.0
-0.2
-0.4

Y (m)

-0.6
-0.8
-1.0
-1.2
-1.4
-1.6
0

5
10
15
Convective heat transfer coefficient h
(W×m²×K-1)

20

Figure 5 : Convective heat transfer coefficient at the
evaporator/back vertical airflow boundary along the
Y-axis (local values in blue, mean value in red)
obtained by CFD simulation with experimental
horizontal airflow distribution.

A huge amount of engineering tools
(correlations, models) are available to
determine the convective heat transfer
coefficient of a fluid flow at a constant mass
flow rate along a duct. However, such tools
are not applicable when the mass flow rate is
not constant, which is the case of the vertical
airflows: at the front door, the mass flow rate
increases along the upward direction
because of the air input from each channel

formed by the shelves. At the back plate, the
mass flow rate decreases along the
downward direction (output of air to each
horizontal channel formed by the shelves). To
evaluate the effect of non-constant airflow
distribution on the local heat transfer
coefficient, the CFD simulation was run for
the same conditions as previously (cf. Table
2) but by imposing the experimental airflow
distribution as the mass flow rate has a major
impact on the convective heat transfer
coefficient. The computed vertical profile of
convective heat transfer coefficient along the
vertical back plate is plotted on Figure 5. The
heat transfer coefficient is higher at the top
than at the bottom of the evaporator because
of the higher mass flow rate. The mean value
of the convective heat transfer coefficient at
the vertical airflow/evaporator boundary is h =
4.8 W×m-²×K-1 (Figure 5). Finally, for the sake
of simplicity and as the variations are not
extremely strong except at the entrance
region (i.e. over about only 10 cm while the
total height is 1.5 m, cf. Fig. 5), it was
decided that this mean value would be taken
to describe the convection at the vertical
airflow boundary.

4. RESULTS
0.5

ε2
0.0
0

50

Time (min)

100

150

-1.0

-1.5

-2.0

ε1

ON

OFF

Thermostat state

(Tp-Tset) (°C)

-0.5

Figure 6: Dynamic temperature differences between
product and the set value in reaction to the
refrigeration system state for the coldest and the
warmest products - Comparison of
experimental/numerical values for (Text -Tint) = 13 K
Legend: Tp,min numerical; Tp,max numerical;
Tp,min experimental; Tp,max experimental;
Num. thermostat state; Exp. thermostat state

With all the resistances and thermal
inertias defined previously, and taking into
account the value of the installed cooling
capacity (Q = 150 W), the time evolution of

the temperatures can be computed. The
cooling capacity is set to Q when the
thermostat is ON (contact closed) and to zero
when it is OFF (contact open). Figure 6
shows the dynamics of experimental and
numerical
temperature
variations
for
(Text-Tint) = 13 K, for the coldest and warmest
products. The absolute error between the
numerical and experimental data at the time
when the coldest product reaches the
minimum temperature value is ε1 = 0.23 K.
The maximum error for the warmest product
is of ε2 = 0.22 K (Figure 6). Interestingly,
there is always a delay (of a few minutes)
between the instant when the state of
thermostat changes (from ON to OFF or from
OFF to ON) and the moment when the
temperature of the air starts to increase or
decrease, respectively. This is due to the
thermal inertia of the internal back panel in
contact with the evaporator itself that absorbs
(or releases, respectively) heat to the
circulating air. This is also a clue to justify
that the air flow analysis can be done in
steady-state (cf. section 3.1): the thermal
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time constants are much larger than the air
flow time constants.
The predicted and measured values are in reasonably good agreement with respect to the
experimental uncertainties and to the necessary simplifications of the nodal model. Figure 7 shows
the differences between the set point temperature and the time-averaged product temperature for
different outside to inside temperature differences (13, 18, 23 and 28 K). Whatever the outside to
inside temperature difference, products located at the front (left side) are warmer than those
located at the back (right side). The coldest product is always located at the level of the 9th or 10th
shelf, whatever the outside to inside temperature difference. When the temperature difference
increases, the location of the warmest product shifts from the top to the middle shelf. It can be
observed on Figure 7d that the maximal and minimal product temperatures are located in the same
zone (shelves n° 8-9), where the temperature difference between the front product and the back
product is the highest: this must be related to the lower shelf ventilation that was observed at this
location (Figure 4).

a)

0.70
0.68
0.67
0.67
0.62
0.56
0.54
0.54
0.41
0.35
0.26
0.17
0.20
0.22

0.52
0.22
-0.04
-0.26
-0.49
-0.70
-0.84
-0.93
-1.06
-1.08
-1.07
-1.00
-0.74

b)

0.78
0.80
0.82
0.85
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0.76
0.76
0.79
0.64
0.58
0.47
0.38
0.43
0.47

0.54
0.17
-0.15
-0.41
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-0.94
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-1.36
-1.33
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c)
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0.96
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1.03
0.86
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0.69
0.58
0.66
0.73

0.56
0.12
-0.26
-0.57
-0.90
-1.19
-1.38
-1.46
-1.64
-1.64
-1.58
-1.42
-0.94

d)
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1.01
1.09
1.19
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1.14
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1.08
1.03
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0.78
0.88
0.99

0.57
0.06
-0.37
-0.72
-1.11
-1.44
-1.64
-1.72
-1.92
-1.90
-1.83
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-1.03

Figure 7 : Comparison of differences between mean product and set point temperatures ((Tp -Tint), expressed in
K) depending on the outside to inside temperature difference: a) (Text -Tint) = 13 K, b) (Text -Tint) = 18 K,
c) (Text -Tint) = 23 K, d) (Text -Tint) = 28 K

5. CONCLUSION
Refrigerated cabinets can be the source of significant energy consumption while the homogeneity
of the temperature field conditions the quality of the preservation of the perishable products it
contains. This is why efforts to improve the efficiency of refrigerated cabinets are always desirable.
Numerical simulation can be a useful tool to test the influence of various operating parameters.
The main objective of the present communication was to report on the development of a nodal
model to simulate the dynamic behaviour of a refrigerated cabinet containing food products. While
some parameters can be calculated from classical tools for thermal analysis, some others
(essentially the main features of thermohydraulics in the enclosure, i.e. mass flow rate distribution
and local heat transfer coefficients) were expected to be based on a simple 2D CFD simulation. It
was however shown that this oversimplified model was not sufficient, and that experiments
concerning the air velocity were needed to better represent the thermohydraulics in the ventilated
cabinet.
The numerical results obtained by the nodal model were compared to experimental data. The
absolute error for local, maximum and minimum product temperatures (resulting from the ON/OFF
control) is less than 0.23 K, which is within the experimental uncertainty. The product temperature
distribution, that exhibits a certain stratification, was determined numerically for different outside to
inside temperature differences. The results highlighted that the inhomogeneity of the temperature
distribution increases with the outside to inside temperature difference.
For perspectives, the thermal nodal model could be coupled to a model of the refrigerating unit to
analyse the parameters influencing the energy consumption of the cabinet. In such an overall
model, humidity could also be taken into account as latent heat load may be the origin of a
significant part of the energy consumption.
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NOMENCLATURE
2

Lc
m
𝑚
Nu
Q
R
Re
S
T
U
w

Area (m )
Thermal inertia (J×K-1)
Specific heat (J×kg-1×K-1)
Convective heat transfer coefficient
(W×m-2×K-1)
Characteristic length (m)
Mass (kg)
Mass flow (kg×s-1)
Nusselt number
Heat Power (W)
Thermal resistance (K×W-1)
Reynolds number
Heat exchange surface area
Temperature (K)
Velocity (m×s-1)
Thickness (m)

λ
ρ
𝜈

Thermal conductivity (W×m-1×K-1)
Density (kg×m-3)
Kinematic viscosity (m2×s-1)

A
C
Cp
h

Greek letters

Subscripts

a
b
c
cd
cv
d
ext
f
h

in
int
j
l
out
p
v

Transport by airflow
Back
Central
Conduction
Convection
Door
External
Front
In horizontal direction
or with horizontal airflow
Inlet
Internal
Airflow junction
Lateral (side) panel
Outlet
Product
In vertical direction
or with vertical airflow
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ABSTRACT
The objective of this paper is to facilitate improvements in energy efficiency of cold stores.
Over the last twenty five years several studies of energy performance have shown that the
operation of a low temperature cold store of an industrial size typically requires about 30kWh per
m3 per year but in each study a very large variation in performance is noted, ranging from less than
half of the nominal figure to more than five times higher.
This paper reviews the previous literature and adds performance data from a number of stores
utilising a range of energy saving techniques. Opportunities for improvement in existing facilities
are discussed and design guidance for new facilities is provided.
The paper concludes with a review of the ways in which store operators can track their energy
performance, including methods of justifying additional expenditure on energy saving opportunities.
Keywords: Refrigeration, Cold Stores, COP, Evaporators, Energy Efficiency.

1. INTRODUCTION
The increasing cost of energy worldwide, coupled with national and international pressures to
reduce carbon emissions have created an unprecedented demand for energy efficiency in the cold
chain. This is matched by a variety of new monitoring and control technologies which offer the
means to manage electrical usage but to date these measures do not seem to have been effective
in the main. There appear to be several reasons for this lack of uptake.

2. FACTORS AFFECTING COLD STORE EFFICIENCY
There is not a universally recognised definition of cold store efficiency – sometimes the term is
used in a very specific manner to relate to the condition of the fabric or the operating effectiveness
of the equipment but in other cases it is generally used to indicate business performance. It can be
difficult to relate this back to equipment operation. The general definition used in this paper is
operating output divided by required input. When looking specifically at equipment, such as
compressor performance, this might be cooling capacity divided by electrical input, for the building
as a whole it could be product throughput divided by cost of operation. The general principle is
that efficiency is benefit divided by cost; where it is not obvious from the context the measure of
efficiency will be stated each time.
2.1.

Building Utilisation

It is obvious that the resource input to building operation is a factor of how busy it is but this
measure is not often used in analysis of possible performance improvements. Business managers
need to know the cost of operation in order to ensure that their service charges are sufficient and
to know where their break-even point lies. However, operators and maintenance teams often do
not see this type of information and may have no way of accounting for it in their assessment of
system performance. This is unfortunate because it can lead to a fatalistic attitude about
performance improvement or can mask the effects of improvement initiatives. A suitable metric in
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this case is product movement per kWh or per energy cost. A useful surrogate would be to count
the number and duration of door openings by monitoring their drive mechanisms and to track
openings per kWh.
2.2.

Weather

Another factor which can often be viewed fatalistically is the effect of weather on system
performance. Hot weather makes the compressor discharge pressure higher and also increases
the cooling load through solar gain and air ingress. Since the air carries moisture with it this is a
double blow – the additional heat load imposed by the moisture is far greater than the sensible
heat of the dry air, and since the moisture has to be removed by a defrost process the energy
penalty is doubled again. Consider the following table of enthalpies, for a dry bulb temperature of
25°C.
Dry bulb (°C)
Wet bulb (°C)
Enthalpy (kJ kg-1K-1)
Latent portion

25
20
57.22
92.3%

25
15
41.75
90.3%

Table 1. Enthalpy of moist air

25
10
29.04
87.7%

25
5
18.44
84.2%

25
0
12.55
81.2%

25
-5
4.89
75.1%

25
-10
-1.65
65.4%

25
-15
-7.42
47.3%

25
-20
-12.65
0.0%

The figure of “latent portion” in Table 1 is the proportion of the total cooling load attributable to the
moisture content when cooling the air to -20°C. The enthalpy of saturated air at -20°C is -18.48 kJ
kg-1K-1 so when there is no latent portion to the heat load the cooling requirement to bring air from
25°C is 5.83 kJ kg-1K-1. Despite the very heavy burden placed on refrigeration systems by
moisture leaking into the cold room through open doors or badly fitting seals many systems
operate with significant moisture ingress and consequent high energy use. It should be noted that
the wet bulb temperature is usually within 5 degrees of the dry bulb, so the latent portion is typically
more than 93% of the total heat load due to moist air ingress.
The cold store owner can take action against the weather. Heat reflective surfaces can reduce the
solar gain, as shown in Fig. 1, which is taken from the Institute of Refrigeration’s Cold Store Code.

Figure 1: The effect of surface colour on roof surface temperature (IOR, 2016)

If moisture ingress through open doors cannot be prevented, for example due to the very high
utilisation of the building, then there is some merit in dehumidifying the loading docks in order to
minimise the impact of the imposed heat load on the plant. It is not necessary to cool the air after
dehumidification provided the dew point is low enough. If the air coming into the store is very dry
but at 30°C or higher, the heat load will still be substantially less than that from the moist air. The
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energy required to run the dehumidification will also be far less than that required to freeze the
moisture and then defrost it again.
2.3.

Building fabric condition

The problem of moisture ingress is greatly exacerbated if the doors do not fit to the frame, the
trucks are not sealed to the dock or the door mechanism is broken and fails to close properly.
These failures allow ambient air, carrying moisture, to flow into the refrigerated space. It is rare to
find gaps in the seams of an insulated box allowing air and moisture to pass through because the
gap usually blocks quickly with ice, but if water gets into an insulated panel it destroys the
mechanical integrity of the unit and also reduces the insulating properties significantly. The
thermal conductivity of ice (2.4 W m-1K-1) is about one hundred times higher than that of typical
polyisocyanurate insulation panels (0.025 W m-1K-1) so will greatly increase the heat load on a
refrigeration system. Although a store operator cannot control the weather, they have total control
of the condition of their building and the way in which it is used.
2.4.

Building and process management

When a cold store is handling large amounts of chilled or frozen product the temperature of the
incoming goods can impose a substantial additional load, up to 50% of the total heat load. Ideally
the product load should be zero because the produce should already be down to temperature
before arriving in the store. In a short term store where the produce is only held for a day or two
the effect of warm incoming product may be less because it does not stay in storage long enough
to come down in temperature, particularly if the pallets are tightly stacked. In this case the pallets
when despatched from the store will still be warmer than the required temperature. For longer
term storage, where the product is held for more than a week, the additional load on the plant is
more significant because the product has time to cool down to store temperature.
Control of door operation is also key to minimising load, as described above. The length of door
opening is significant because it takes between 10 and 15 seconds for full airflow to be
established. It is not usually feasible to have a door opening time of less than 20 seconds, but
every effort should be made to keep the opening time as short as possible. Airlocks, fast acting
double doors and dehumidified vestibules can be used to reduce air and moisture ingress. Air
curtains tend to be very much less effective even when set up correctly, particularly in a cross-dock
application. The slightest variation in pressure across the building is enough to destroy the effect
of the air curtain.
2.5.

Refrigeration plant condition

If the factors above are properly taken into consideration then the external load on the system will
be reduced to the minimum feasible, but if the refrigeration system is not kept in good condition
then the building efficiency (product throughput divided by cost of operation) will still be low. Worn
and damaged compressors will be less effective than their as-new condition. They require the
same power input to run as when new, but produce less refrigerating effect so the length of time in
operation increases. Another major cause of inefficient operation is internal heat leakage within
the system. This could either be the direct leakage of high pressure gas to the low pressure side
of the system, for example during defrost or through a faulty hot gas bypass or defrost valve, or it
could be indirect; the transfer of heat from warm side to cold side without gas leakage, for example
if a suction/liquid heat exchanger is oversized or is controlled incorrectly. A special case of direct
internal heat leakage is when the liquid seal at the expansion device is lost and high pressure gas
passes through the valve with the liquid. Non-optimal defrost timing (too frequent or not enough) is
another case of internal heat leakage and dirty evaporators have the same effect as insufficient
defrosting. One of the biggest causes of wasteful operation of cold store plant is the way in which
it is controlled, either because inappropriate set points are used or because the control system
design was not good from day one.
2.6.

Compensating Factors

Even if the plant is not in the best condition and the loads are not minimised, a store operator can
invest in infrastructure to improve performance. The addition of photovoltaic solar panels to the
roof of a cold store has the double advantage of shading the roof from direct sunlight and
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generating some power when the sun shines. The effect can be enhanced by linking the solar
panel output to the store set point, lowering the temperature when the output is high and raising it if
the output drops. Until recently this would not have been economic but the lower cost of solar
panels and increasing electricity cost has made it more attractive and government incentives may
also be available locally.
2.7.

Cost avoidance measures

Several technical systems to link cold store energy use to grid supply have been introduced in
recent years. These tend to track either the cost of electricity on a variable tariff, or the grid load
factor, by detecting very small changes in supply frequency. If the grid load increases beyond the
generation capacity then the mains frequency reduces and this can be used to trigger the same
type of offset action described in 2.6, or it can be used to shut down the refrigeration plant
completely. Since the frequency response system requires a very rapid response and a significant
step reduction, the complete shutdown of the plant is preferred. This is of course subject to the
store temperature being within an acceptable band. An innovative control system implemented on
a national basis in the Netherlands (Van der Sluis, 2014) sought to compensate for the
intermittency of wind-generated electricity by loading and unloading large cold stores across the
country in order to create a better match between instantaneous demand for power and available
generating capacity. In a simple version of this system the matching was achieved simply by using
the spot price for electricity to drive the store temperature control.

3. REVIEW OF PREVIOUS INFORMATION
In the mid 1990s several studies reported on what was perceived to be “best practice” in the
energy performance of industrial refrigerated storage. The Energy Technology Support Unit in the
United Kingdom identified a best practice benchmark of 30 kWh m-3 yr-1 for large stores (above
100,000 m3) with higher specific consumption in smaller stores (ETSU, 1994). A similar study in
the Netherlands (Bosma, 1995) indicated consumption in the range 34 to 120 kWh m-3 yr-1.and this
figure was confirmed by a study conducted on behalf of the International Institute of Refrigeration
in 2002 (Duivan and Binard). More recently a pan-European review project called “Improving
Cold-store Equipment in Europe” (ICE-E) surveyed over 300 stores and considered information
from a further 500 sites (Evans et al, 2013). Although these studies present different metrics it is
useful to compare them all using the method originally adopted by ETSU in their 1994 survey,
reporting the energy in kWh of electrical input to the site per annum divided by the cubic volume of
the refrigerated space. This is known as the “specific energy consumption” (SEC). Several of the
studies are unclear about whether the energy figure reported is for the whole site or only for the
refrigeration system but it is generally acknowledged that the refrigeration plant will be responsible
for about 70% of the total site energy use, so with the wide range of values reported it can be seen
that to a large extent the location of the electrical meter (whether it is only recording usage for the
refrigeration plant or for the whole building) is somewhat irrelevant as the difference is less than
the variation from site to site.
A common shortcoming of all of the previous studies mentioned above is that they did not make
any assessment of how effective the systems were at achieving their primary goal, which is to
maintain the space at a desired temperature. It is assumed that all the buildings are doing
sufficiently well in this respect but practical experience of conducting energy audits on site
suggests that this is often not the case. It is important to understand this key point because one of
the best ways to reduce energy requirements for a store is to raise the temperature setpoint. This
is only feasible if the store temperature setpoint is being achieved. Sometimes the temperature
target is set lower than necessary in order to provide a perceived buffer against unreliable
operation. The first step in improving energy performance in this situation is to give the store
operator confidence in the resilience of the operation. Only then can the comfort factor of lower
temperature be reduced or removed.
The European study reported by Evans et al (2013) provides equations for the average of energy
performance per year for cold stores, chill stores and mixed use stores. These equations are
For chill stores

E = 64.535V – 148235
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For cold stores
For mixed stores

E= 374.93V 0.8173
E = 480.28V 0.7846

Eq. (2)
Eq. (3)

where E is the energy used per year in kWh and V is the store volume in m3. The form of these
equations suggests that for chill stores the specific energy use is not affected by volume (when the
researchers used a non-linear curve fit it did not improve the curve fit regression) but that for cold
and mixed stores larger volumes require less specific energy use.
The effect of the power law in the best fit curves from Eq (2) and Eq. (3) means that these curves
follow the general shape of the ETSU curve. However, the chill store curve requires further
investigation. The curve proposed by Evans et al as the average energy use for chill stores is
linear, of the form y = mx+c, where in the case of Eq. (1) the constant, c, is a negative number.
This is the best fit to the data collected, but it does not make sense when applied to very small
stores as it suggests that there is a certain size of room for which the energy use is zero and for
smaller rooms the energy “use” would be negative. This is clearly not physically possible, so the
true best fit curve
would likely have a positive constant and a slightly shallower gradient. Similar consideration of Eq.
(2) and Eq. (3) suggests that they also should have a positive constant. For the purposes of this
analysis a positive baseload of 100,000 kWh per year is applied to all three equations, using the
same indices as in the Evans et al paper. Fig. 2 shows the benchmark guidance published by
ETSU and the three curves for the ICE-E averages with the modified baseload. The ICE-E study
was extended and updated by Evans et al in 2015, with 44% more data. The 2015 update did not
fundamentally change the observations although it showed that geographical location was not a
particular factor in the average or range of SEC indicated.

Figure 2: Specific Energy Consumption under various scenarios and for a number of sites

4. ANALYSIS OF RECENT ENERGY MONITORING
It must be remembered that the ETSU line in Fig. 2 represented what was perceived to be “best
practice” back in 1994 and the three ICE-E lines represent the averages from about 300 sites
across Europe fifteen years later. The points plotted in Fig. 2 represent actual electrical usage on
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21 sites in the UK, most of which are managed under a common maintenance regime with a strong
focus on energy performance and continuous improvement. The data presented as solid dots is
for 2017 with energy use recorded on a daily basis and aggregated for the year. In all cases the
figure reported is only for the refrigeration system including ancillary loads such as evaporator and
condenser fans, glycol pumps and electric heaters. The energy use was metered at the individual
refrigeration units, not for the site as a whole. Some specific observations on some of the sites are
noted below.
4.1.

Pumped ammonia systems

The two stores on the right of the graph with volumes of approximately 380,000 m3 were built
about five years ago for a UK based supermarket. They are distribution centres with a high daily
throughput of chilled product and short term storage of frozen goods. These are the type of
operation described in the ICE-E project as “mixed”. Great care was taken in the design of the
system to minimise the possibility of wasteful operation. For example the expansion valve control
enables the discharge pressure to be as low as the ambient temperature will permit and the defrost
system (hot gas) eliminates the possibility of heat leakage. Dock doors to the cold store are
dehumidified and there is a detailed review of energy performance on a monthly basis. These
stores are achieving a specific energy consumption of less than 8 kWh m-3 yr-1 based on 2017
data, excluding non-refrigeration uses such as office lighting, vehicle washing and fork truck
charging.
4.2.

Ammonia/Carbon dioxide cascade systems

The two stores to the right of centre on the graph with volumes of approximately 275,000 m3 use
an ammonia/carbon dioxide cascade system and were built about ten years ago. They have a
SEC of about 10 kWh m-3 yr-1 based on 2017 data, excluding non-refrigeration energy use. These
plants use hot gas defrosting of the CO2 evaporators with screw compressors on the carbon
dioxide circuit for the cold store, pumped CO2 fed to chill evaporators and a low charge ammonia
system with screw compressors and evaporative condensers rejecting heat to ambient.
4.3.

Low charge Ammonia systems

The result of recent developments in low charge systems can be seen in the graph. The two data
points represented as blue circles on the left of the graph represent data collected in 1995 for
comparison with the ETSU guide (Pearson, 1996). These stores were considered at that time to
be “better than the best” of the sites surveyed for ETSU but this design has been subsequently
improved. The 1995 figures can be compared with a smaller store, installed in 2018 with a volume
of 81,000 m3 and an initial estimated SEC of 12 kWh m-3 yr-1. This new store is represented in Fig.
2 as a red circle. The main developments of these low charge systems between 1995 and now
have been in evaporator design and compressor control but it is also notable that the newer
systems use air-cooled condensers and allow the compressor discharge pressure to drop low in
cold weather. This makes the air-cooled system cheaper to operate on an annualised basis than
an evaporative condenser as reported by Clark and Gillies (2014).
4.4.

Secondary refrigerant systems

Some of the stores displayed use glycol as a secondary refrigerant for the chill store part of the
distribution centre and direct ammonia for the cold stores. The energy penalty paid is that the
glycol pumps run all the time to provide cooling and can sometimes use more energy in aggregate
than the compressors which cycle on and off from time to time. Two stores of this type are shown
with volume of 145,000 m3 and 225,000 m3, both with SEC of about 19.5 kWh m-3 yr-1. This is
about the same as the old low charge system although the smaller store with the secondary
system is about half the size. Much lower SEC can be achieved with extensive use of variable
speed drives on pumps and fans and by using waste heat for defrost instead of electric heaters
(Gillies, 2014)
4.5.

Discussion of the various systems

The large pumped ammonia systems described in 4.1 are considered to be as good an example of
efficient operation as can at present be achieved with this type of system. They embody many of
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the load reduction techniques mentioned in sections 2.1 to 2.4 and the building fabric is well
maintained. The cascade systems described in 4.2 achieve comparable performance but the
glycol system in 4.4 is less efficient because of the effect of the glycol pump power and the defrost
system. Taking the scope for improvement in some of the older, smaller systems covered by this
survey a revised estimate of what could be considered “best practice” in 2019 was created. This
was done by fitting a curve to estimated energy figures for a range of sizes and then calculating
SEC for the model results. This curve is not as flat as the ETSU best practice curve from 1994,
showing some economy of scale for larger stores. It is believed that the sites surveyed in 1994
were not as large as some of the modern stores included in the present survey as the largest site
referenced in the 1994 study was just under 250,000 m3. This may mean that the 1994 guidance
was inaccurate for larger stores.

Figure 3: Proposed Best Practice Curve for modern cold and chill stores

The curve fitted to the kWh per year consumption graph has a power form, given by
E = 15500V 0.37

Eq. (4)

When the resultant figures for annual energy use are plotted as specific energy consumption the
curve in Fig. 3 is obtained. The SEC curve is given by equation (4) divided by the volume, V, so
𝑆𝐸𝐶 =   𝐸/𝑉 = 15500𝑉 !!.!"

Eq. (5)

5. CONCLUSIONS
Analysis of some recent installations indicates that the reported levels of energy efficiency for cold
and chill storage can be significantly improved. A new curve for best practice performance is
proposed which aims at an energy use level in large facilities which is about 15% to 30% of the
generally accepted figure from 25 years ago. This level of performance cannot be achieved by
retrofitting bolt on equipment to an existing system which was not designed to target this level of
efficiency. Many of the techniques required to achieve the new benchmark, such as the method of
defrost, the type of condenser and the control of compressor operation need to be designed into
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the plant from the start. It is also evident from the study that energy use is adversely affected if the
system is too small for the duty imposed. The result is that the compressors run continually and
the target temperature is not reached. The solution in this case may be to take much tighter
control of the operation of the business to ensure that product load is minimised, ancillary loads are
eliminated wherever possible and product movement is more tightly controlled, including the
temperature of goods entering the store. There is scope for further investigation to determine
separate best practice curves for chill and cold storage operations. Other electrical loads on site
also require a more detailed analysis to confirm what proportion of the total electricity bill is
attributable to refrigeration.
Cold store operators are encouraged to include the volume of their store in their measurement of
energy consumption, using the SEC metric at all times, otherwise it is impossible to say whether
the figure is good, bad or indifferent. For a 50,000 m3 cold store an SEC of about 16 kWh m-3 yr1
can be considered to be best practice. For a 500,000 m3 store the SEC could be less than 5 kWh
m-3 yr-1. The refrigeration system should be fitted with individual power meters for each selfcontained module of plant and the electrical usage aggregated on a daily basis to provide an
ongoing measurement of performance. This will enable an understanding of energy use, including
performance degradation over time and the effect of improvement initiatives on the annualised
figures. Where a company has several facilities within their estate the figures should be compared
between sites to establish an understanding of relative performance and to highlight the areas of
greatest potential for efficiency improvement and cost reduction across the estate.
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ABSTRACT
The objective of this paper is to demonstrate improved methods of performance assessment.
Despite recent improvements in computing capability built into refrigeration systems and chillers,
coupled with low cost sensor technology, energy performance monitoring of industrial systems
remains very basic, limited in many cases to an ammeter on the compressor supply with no trend
recording or analysis of whether the measured figure is good or bad. It is even less common to
find the energy use integrated over time to give a true picture of the life cycle energy performance
of the plant.
This paper identifies and discusses the main barriers which prevent operators from collecting
meaningful data on energy performance.
A review of previous efforts is provided, with a summary of their shortcomings, particularly when
applied to large industrial systems. Guidelines for cost-effective ways to make better use of energy
data are presented.
Keywords: Refrigeration, Energy, Analysis, Fourier Transform, Cold Store

1. INTRODUCTION
The technology for the detailed analysis of refrigeration system operation has been readily
available for over forty years but there is a lack of appetite for anything more than the most
superficial overview. It is reported that savings of up to 40% of energy use can be achieved on
most systems (Evans et al, 2013a) and an international overview of a very large number of cold
and chill stores indicated that the energy use of the highest consumers could be up to twice that of
the lowest, ignoring the top and bottom 10% “outliers” (Evans et al, 2013b). Such a large
discrepancy cannot be explained by operating constraints alone. The examples in this paper are
based on a low temperature cold store but much of the learning could equally well apply to chill
stores, food processing plants such as freezers and water or glycol chillers.

2. OVERVIEW OF COMMON SYSTEM FAULTS
There are several common errors which appear time and time again. Some of them are obvious
but others are less evident. They are listed here but for the sake of brevity readers are referred to
other sources such as the IIR publication “Saving Energy in Refrigeration, Air-Conditioning and
Heat-Pump Technology” (IIR, 2008) for more complete analysis of the various faults.
2.1 Failure to minimise the heat load – this could be the result of poor control of doors on the
system, poor maintenance of the building fabric or poor control of incoming product
temperature.
2.2 Poor compressor control – if the system has several compressors they will usually operate
more efficiently when fully loaded. The drive motors will also be more efficient under these
conditions. When a plant operates with several fixed speed compressors on low load it will
be less then optimally efficient.
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2.3 Too low suction pressure – this could be due to incorrect setting of controls, poor
evaporator performance or blockages in the suction of the compressors.
2.4 Too high discharge pressure – this could be internal to the system, caused for example by
a build up of non-condensibles or it could be external, caused for example by scale build
up on condenser tubes. It could also be the result of inappropriate head pressure control
on the compressors or poor system design which requires a high head pressure to be
maintained at all times.
2.5 Internal heat leakage – this could either be the direct leakage of high pressure gas to the
low pressure side of the system, for example during defrost or through a faulty hot gas
bypass or defrost valve, or it could be indirect; the transfer of heat from warm side to cold
side without gas leakage, for example if a suction/liquid heat exchanger is oversized or is
controlled incorrectly. A special case of direct internal heat leakage is when the liquid seal
at the expansion device is lost and high pressure gas passes through the valve with the
liquid. Another special case is excessive wear and tear on compressors causing an
increase of leakage from the discharge side back to suction. This could be caused by tip
seal wear in a screw compressor or it could be piston ring wear or discharge valve damage
in a piston compressor. Non-optimal defrost timing (too frequent or not enough) is another
case.
2.6 Excessive auxiliary power consumption – the most common auxiliary consumers are fans
and pumps, which are sometimes run on full power when the plant is lightly loaded or even
switched off. Some auxiliary power is essential for trouble free running, for example drain
line heaters in a cold store or pumps for an underfloor heater mat. They need to be on all
the time but should not be oversized as the excess heat needs to be removed by the
refrigeration system. Condenser fan control often gives scope for improvement.
Some faults result in a combination of these root causes. For example if a thermostatically
controlled DX system is undercharged then the suction pressure will be low because the
evaporator is not receiving sufficient liquid. This will cause the expansion valve to open wider,
attempting to reduce the suction gas superheat, but this will cause a loss of liquid seal at the
expansion valve, giving the classic symptom of bubbles in the liquid line sight glass upstream of
the expansion valve.

3. OVERVIEW OF COMMON EFFICIENCY MEASURES
The ways in which cold store efficiency is assessed vary widely from site to site and must be one
of the key reasons for the large variance in energy use.
3.1 Many operators do not have separate power metering for the refrigeration system. It is
very difficult to assess the effect of energy saving measures.
3.2 Some systems measure compressor motor current but these readings are not recorded
and are generally only useful for diagnosing compressor faults and repair effectiveness.
3.3 Some systems measure kWh energy input and display an instantaneous value
3.4 Some systems aggregate the instantaneous kWh figure to give a daily total which can
usefully be displayed as “kWh yesterday” and can be recorded for longer term trend
analysis
3.5 Some systems monitor the power factor to ensure that the phase angle between voltage
and current is not too large. This may be used in conjunction with power factor correction
It is very uncommon to find any measure of system coefficient of performance as this is notoriously
difficult to calculate due to the difficulty of assessing the refrigeration load on the plant. In any
event it is a rather unhelpful measurement since a cold store with good door discipline with
compressors which run for 12 hours a day and maintains its set temperature will have a lower
coefficient of performance (due to the lower operating temperature) than one which has very poor
door discipline (suffers from common system fault 2.1 described above), runs for 24 hours per day
and fails to achieve the desired temperature. If the only measure of plant performance was
compressor CoP then the latter system would appear to be better than the former.
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It is also very uncommon to find daily, weekly or annual energy use correlated with business
activity although this is relatively easy to do. A business metric relating energy use to production
output may be used in management accounts but it is not normal to see it relayed back to the
operators and maintenance staff of the refrigeration system to give guidance on what to look for in
making improvements. For a cold store the level of activity has a direct effect on energy use. This
can either be correlated manually by analysing pallet movements against energy, or it could be
approximated by logging the number and duration of door openings and using that as a proxy for
pallet movements. Since the doors are controlled electrically it would only require a digital input
from each door controller to the refrigeration plant control system to enable this metric, but this is
almost never done.

4. PROPOSED METHOD OF DATA ANALYSIS
With modern control systems and sensor technology it is feasible to record key efficiency
parameters and store them at relatively high frequency enabling a range of investigations to be
conducted. The key is to spot patterns in energy use and then drill down to the root cause of
deviations from the expected benchmark performance for the site. In most cases the root cause
will be one of the faults listed in 2.1 to 2.6 above. Plant performance is clearly related to weather
and product throughput so some method of smoothing the data to account for these is desirable.
If weather data is not recorded for the plant it can usually be downloaded from a national climate
service, but to account for local effects such as air recirculation it is always better to have the
values recorded locally. Measuring wet bulb temperature for evaporative cooling equipment is
difficult (although modern sensors are cheaper and more reliable than ever before) so a useful
compromise can be to install an ambient temperature sensor close to the condenser, a second
ambient temperature sensor in open space away from any external influence and then correlate
these two against each other to check for the effects of recirculation and against a national climate
service to get a rough indication of the wet bulb depression. An example of climate service data
over a three year period is shown in Fig. 1 for a site used in subsequent analysis.

Figure 1: Ambient Temperature Recording

Figure 2: Daily energy use

Comparison of Fig. 1 and Fig. 2 shows that there is some correlation between ambient
temperature and kWh use, so these can be correlated in order to calculate a regression as shown
in Fig. 3.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

1992

Figure 3: Temperature-Energy correlation

The regression lines in Fig. 3 show that a simple linear regression (the orange line) is sufficient to
account for variation in performance due to the weather. The cubic curve fit (the red line) improved
the regression slightly but only reduced the standard deviation for this data set from 3096 to 3041.
A standard energy per day for a given temperature can be calculated from this equation and
subtracted from the actual figure to give a graph of energy discrepancy as shown in Fig. 4.

Figure 4: Daily Energy discrepancy

This is still a great deal of information with many small factors overlaid on each other. For
example, one remedial action that was identified from close analysis of the compressor
performance in April 2018 was that the volume ratio of the screw compressor had been incorrectly
set at some point in the past. An adjustment was made on 27 April and the effect on compressor
motor power was very obvious as shown in Fig. 5. The compressor performance is also shown in
Figs. 6a, 6b and 6c, giving the performance over a two week period in October 2017, April 2018
(when the adjustment was made) and December 2018. The improvement is evident in Fig. 6b and
seems to have been sustained, but this is not obvious from the overall site performance, even
allowing for weather conditions as shown in Fig. 4.

Figure 5: Motor Power showing the effect of Vi adjustment

Figure 6a:Power in October 2017

6b: April 2018

6c: December 2018

The graphs in Fig. 6 suggest that this improvement has been sustained since the adjustment was
made, but this is not evident when the individual compressor power is aggregated into the overall
site consumption. This demonstrates the need for data to be sufficiently detailed to be meaningful.

5. FOURIER ANALYSIS
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A further method of analysis is suggested by Spyrou et al (2015). Their study took compressor run
signal data and applied a Fourier transform to identify whether there was any periodic behaviour
that could be an indication of inefficient operation. This type of analysis has been made relatively
simple with the introduction of spreadsheets with advanced mathematical functions. A useful
description of how to perform a discrete Fourier transform on a dataset is given in Kerr (2009).
Following Kerr’s description a series of tests of large data sets was performed in order to assess
the usefulness of this technique for analysing large data archives.
Fourier transformation is the conversion of a set of data into a series of trigonometric functions, the
sum of which gives the original function. This is normally found in mechanical systems as the
method of displaying noise and vibration measurements as a spectrum since it is very useful to
know which frequencies are present in the overall signal. When applied to a dataset such as kWh
yesterday readings or compressor run signals, the discrete Fourier transform can identify actions
which are repeated on a regular basis. Performing a Discrete Fourier Transform on a set of data in
a spreadsheet requires the number of datapoints to be a power of 2 (eg 32, 64, 128 etc up to a
maximum of 4096). The more data points that are processed the more accurate the transform will
be but the longer it will take to perform.

Figure 7a and b: Discrete Fourier Transforms with different amounts of data

The graphs in Fig. 7 show the benefit of using a higher number of data points – the curves are
smoother and more accurately defined. However the data processing takes longer – in this case it
took 35 seconds to produce the first graph and 377s for the second. The data analysed was a set
of values representing hourly readings which were 100 for 24 readings and 1 for the following 144
readings, repeating on a 168 period for 4,700 readings. This simulates an event which occurs one
day in seven over a period of 28 weeks. In the graphs the x-axis is shown on a logarithmic scale
marked in days.

Figure 8: DFT for a distribution centre power consumption over a three year period

The right hand peak is recorded at 7 days in both cases but in both cases harmonic multiples of
the real frequency are created by the transform process at 2x, 3x, 4x and so on – the source of the
response is the lowest frequency peak, ie that with the highest period of repetition, which in this
case is 7 days. Applying this technique to live data can be a useful way to determine whether, in
among everything else that is happening, there is a periodic repetition which should either be
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investigated or discounted. To investigate this possibility the set of data shown in Fig. 2 was
transformed, as shown in Fig. 8 and then modified to introduce a weekly variance in the numbers.
The readings are taken once per day (kWh yesterday) so an increase of 20% was applied to the
reading for every Saturday, with the other readings unchanged. The revised dataset was
transformed and is plotted in Fig. 9. A peak with a period of 7 days is clearly evident, confirmed by
the accompanying harmonics at 3.5 days and 2.33 days (2x and 3x frequency).

Figure 9: DFT for a distribution centre power consumption with a 20% weekly spike

This exercise was then repeated, but with the 20% increase on Saturdays replaced with a 30%
reduction. The resultant transform is plotted in Fig. 10. The shows the same peaks at 7 days, 3.5
days and 2.33 days as was observed in Fig. 9.

Figure 10: DFT for a distribution centre power consumption with a 30% weekly dip

Comparison of Figs. 8, 9 and 10 shows that the rest of the transform is not affected by these
adjustments to the data set. Detection of a periodic increase in this way is useful for identifying
recurring events which result in excessive power use such as leakage of hot gas through defrost
valve stations or high power consumption under different operating regimes, for example different
shift patterns. These would be worthy of further investigation to reduce the energy requirements.
If the plant works a weekly production pattern, for example a bakery producing for 140 hours per
week and then being offline this will also be identified by the transform analysis as shown in Figure
10 but it should be noted that two independent events, both with a 7 day period will only produce a
single set of harmonics on the transform so care is needed to correctly interpret the result. All
three of the transforms show a high peak (off the scale of the graph) between 300 and 500 days.
The curve is very granular at this point due to the relatively small sample size of 1024 readings, but
this peak is the effect of weather data on the transform. There are no accompanying harmonics at
lower periods because the change in weather is approximately a sine curve as shown in Figs. 1
and 2, so the effect of weather is transformed more or less to a single peak on the spectrum. To
illustrate this point a transform was applied to the discrepancy data in Fig. 4. The result is shown
in Fig. 11. Although the absolute value of the transform still rises as the period increases the major
peak at about 360 days has been eliminated. This effect is discussed in more detail in the next
section.

Figure 11: DFT for a distribution centre power consumption adjusted for weather effects

6. LIMITATIONS OF FOURIER ANALYSIS
Several constraints can be observed in the transform graphs. When data is captured on a daily
basis (a sampling rate of once per day) the minimum period effect that can be observed is two
days. This is why only the second and third harmonics of the 7 day period are shown in Figs. 9
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and 10. However the maximum period that can be analysed is dependent on the number of data
points captured so although a peak is evident in Figs. 8, 9 and 10 somewhere between 300 and
500 days it can’t be placed more accurately than this because there are only 1024 data points
(33.7 months of data) which produces 512 spectral lines in the transform. The spectral lines at this
part of the transform are at 256 days and 512 days.
The DFT process in the spreadsheet requires the number of data points to be a power of 2.
Therefore to process more than 33.7 months of data would require double the amount of
information – over five and a half years of readings. It would seem attractive then to take hourly
readings rather than daily, but the second limitation then comes into effect as seen in Fig. 7. The
maximum number of data points that can be processed is 4096, giving 2048 spectral lines but
when taking one reading per hour this only equals 170 days of data – less than half a year. This is
sufficient for investigating events that happen on a weekly basis, but it does not allow whole year
effects to be addressed. To give full flexibility it would be necessary to record much more
frequently but then apply some kind of aggregating before the transform if longer term effects were
of interest. This is of course subject to data storage constraints. A 16-bit analogue signal recorded
every second requires about 170kB to store just one day of readings. Therefore storing 5 years of
meaningful data from a large system, say 50 channels of data, would require 15GB. It becomes
difficult to manipulate such large spreadsheets and the files are typically much too big to send by
email.
In addition to pre-processing to match the processing capability of the spreadsheet, all the data
must be checked for spurious readings, lost signals and other errors. These can be patched with
typical values but if the missing data includes any of the periodic information under investigation it
may adversely affect the result. In the example shown in Fig. 7 one week’s data was removed.
The transform with 512 data points failed to pick up the period (but it is only just over three weeks
of data) but with 2048 data points (12 weeks) the pattern was still clearly detected. The process of
cleaning the data could be very labour intensive for a large site, so it is better to build a sense
check into the initial data storage to ensure that the transform can proceed correctly.
The harmonics created by the discrete Fourier transform process for a single point disturbance
seem at first sight to be a disadvantage. They are simply the true result of transforming a square
wave, which would be converted to an infinite series of sine waves at the harmonic frequencies
and of diminishing amplitude. For periodic disturbances it is actually useful to have the harmonics,
which help to identify the peak in amongst the background noise created by the variation of the
base signal. If a peak is suspected of indicating an issue it would be accompanied by signals at
half the period, one third of the period, one quarter of the period and so on. This can easily be
misinterpreted – it does not indicate that there is also something happening every three and a half
days, every two and a third days and so on. It is indicative of the abrupt nature of the change
event that is happening every seven days.
A further limitation of the technique is that it does require a detailed knowledge of the operation of
the plant and the general business patterns in order to draw conclusions. For example consider a
cold store with a hot gas defrost system with ten evaporators which each defrost once per day
where the main hot gas header is pressurised all the time and one of the hot gas solenoid valves is
leaking. The system energy use will show a higher than normal kWh figure all the time that the
faulty valve station is leaking and the consumption will drop to a lower level when that evaporator is
defrosting because the leak path for the hot gas to get to the compressor suction is temporarily
shut off by the suction valve. If two of the valve stations are leaking there will still be a daily pattern
but it may be harder to spot because there will always be at least one valve leaking. It is
preferable to design a hot gas system that only puts gas into the header when a defrost is required.
If each defrost takes 30 minutes then that is 5 hours per day for this plant, not 24 hours per day. It
is more difficult to design a hot gas system on this basis, but it is worth it to avoid the risk of
internal heat leakage as described in section 2.5.
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It should also be noted that the x-axis of the Fourier transform plots shows the period between
events. This is the reciprocal of the frequency as it is more useful to talk about the period of time
between events rather than the number of times they occur. The y-axis of the plots is the square
root of the magnitude of the transform, which is a complex number. The period is calculated by
dividing the number of data points by the sampling frequency, so for example if samples are
recorded every hour and there are 1024 data points the period represented by each spectral line in
the transform will be 1024/24 divided by the line number. Hence the largest period that can be
displayed in this case is 42.7 days but in practice anything above 10 days will be a rough
approximation. With more data points the maximum period is increased, for example with 4096
data points the maximum period is 170 days and the curve becomes sufficiently accurate if the
period is less than 40 days.

8. CONCLUSIONS
Several methods for the analysis of large data sets related to industrial refrigeration facilities have
been demonstrated. Electrical consumption of refrigeration systems should be sub-metered at a
suitable level to enable meaningful diagnosis. A single meter on the distribution board feeding the
refrigeration plant room is not sufficient. The electrical usage should be recorded electronically,
including power factor information where appropriate, and the readings should be sufficiently
frequent – at least one reading per hour is recommended and preferably per minute. These figures
can then be aggregated to a “kWh yesterday” figure for further analysis. System operators should
always seek to correlate their energy use in refrigeration to business activity and this should be
done automatically where possible, for example by counting door openings in a cold store. In
production plants the best measure is product throughput, but this may be more difficult to capture
automatically.
The most significant factor affecting energy use is the ambient temperature so for meaningful
comparisons a simple correlation should be used to remove the effect of ambient temperature from
the analysis. It is important to ensure wherever possible that the ambient temperature used is that
which actually affects the plant performance, including the effects of air recirculation at the
condensers.
Fourier analysis can be used to identify periodic events, either to account for increased energy use
or to discount periods of low use that happen on a regular basis. Data collection should be on as
frequent a basis as possible, but recognising the limits on data storage and manipulation.
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ABSTRACT

An experimental investigation has been carried out to investigate the two-phase flow heat transfer
characteristics of R-134a inside an inclined helical coiled tube-in-shell condenser. The helix axis of
helical coiled tube makes an inclination angle of 0 o, +45o and +90o from the horizontal. The test runs
were performed at a fixed saturatioin temperaure of 35 oC with a different refrigerant mass fluxes of
115, 156 and 191 kg m -2s-1. During the experiments, the effects of vapor quality, mass flux and
inclination angle of helical coiled tube on average heat transfer coefficient of refrigearnt have been
analyzed. It is found that the average heat transfer coefficient for all inclination angle of helical coiled
tube rised with an increase of vapor quality and mass flux. The results also showed that the maximum
and minimum heat transfer coefficient were obtained at +45 o and +90o inclination angles,
respectively.
Keywords: Condensation, Condenser, Heat Transfer Coefficient, Helical Tube, Refrigerant, TwoPhase Flow.

1. INTRODUCTION
The condenser is an essential part of any refrigeration and air conditioning unit where vapor is
condensed to liquid state by removing the latent heat. Nowadays, the effective design of the
condenser is quite important for refrigeration industries to obtain maximum heat transfer with
minimum pressure drop in the heat exchanger. As such, helical coiled tubes have been widely used
in the condensers to enhance the heat transfer by producing centrifugal effect on the flow inside the
tube (Reay, 1991).
A number of research investigations have been performed on the heat transfer and pressure drop
characteristics inside a helical coiled tube. Kang et al. (2000) carried out the experimental study of
heat transfers and pressure drops data of R-134a inside a long helical coil tube. The results revealed
that the overall heat transfer coefficient raised with increase of the water mass flux. The heat transfer
and the pressure drop decreased with increase of tube wall temperature from 12 oC and 22oC. Yu et
al. (2003) conducted an experimental investigation of heat transfer of R-134a during condensation
inside horizontal, inclined and vertical helical tube at refrigerant mass flux from 100 to 400 kg m -2s-1,
cooling water Reynolds number between 1500 and 10000. They investigated that the helical tube
orientation had significant influence on the overall heat transfer coefficients. The highest and the
lowest heat transfer coefficient was observed at inclined position and vertical position, respectively.
Han et al. (2005) reported the experimental results of condensation heat transfer and pressure drop
of R-134a inside helical tube with mass flux vary from 100 to 420 kg m -2s-1 at a different condensation
saturation temperature 35, 40 and 46oC. Wongwises and Polsongkram (2006) presented
experimental studies on two-phase flow condensation heat transfer and pressure drop of R-134a
inside concentric helical coil tube in tube condenser. The results showed that the heat transfer
coefficient of the helical coiled tube were about 33–53% higher than that of smooth round tube while
pressure drop were about 29–46% higher. They also proposed the correlation for predicting the heat
transfer coefficient and pressure drop. Shao et al. (2007) compared the condensation heat transfer
coefficient for the helical tube with straight tube at different saturation temperature 35, 40 and 45 oC,
mass flux varies from 100 to 400 kg m -2s-1. The heat transfer coefficients of helical tube were found
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to 4-13.8% higher than that of straight tube. Hajeri et al. (2007) examined the performance of heat
transfers and pressure drops of R-134a inside annular helical tubes at different saturation
temperature of 36, 42 and 48oC with the mass flux varying from 50 to 680 kg m -2s-1. The results
showed that the heat transfer coefficients of the refrigerant-side rise with increase of the refrigerant
mass flux and decline with increase of the saturation temperature of refrigerant. Mosaad et al. (2009)
investigated the effect of refrigerant mass flux and condensation temperature difference on the heat
transfer coefficients and pressure drops of R-134a inside coiled double tube. They found that, with
increase of refrigerant mass flux and decrease of condensation temperature difference, the overall
heat transfer coefficient increased. Similarly, pressure drop of refrigerant increases with rise of the
refrigerant mass flux. Murai et al. (2006) used a high-speed video system to take photographs of
interfacial structure of gas-liquid flow inside the helical coiled tube. They observed that the flow
transition from bubbly to plug flow for helical coiled tube compared to straight tube was obtained
earlier duo to the centrifugal acceleration generating by curvature of the tube. Genić et al. (2013)
also investigated experimentally the shell-side fouling factors of eight heat exchangers with parallel
helical coils. The fouling resistances were slightly lesser than usual values for shell-and-tube heat
exchangers with straight pipes. Gupta et al. (2014) determined the effect of mass flux, vapor quality
and saturation temperature on the heat transfer coefficients and pressure drop of R-134a inside
horizontal helical coiled tube-in-shell type heat exchanger. The heat transfer coefficient and pressure
drop of refrigerant increase with rise of mass flux and vapor quality and decrease with increase of
the saturation temperature. Salimpour et al. (2017). Both curvature radii and coil pitch of helical coil
tube had significant influence on the heat transfer coefficient. They also found that, the effect of coil
pitch on heat transfer coefficient was more pronounced at low vapor qualities. Mozafari et al. (2015)
conducted the experimental studies of heat transfer and pressure drop of R600a inside helical tubein-tube heat exchanger at different inclination angles of zero, +30 o, +60o and +90o with different mass
flux ranging from 155 to 265.5 kg m -2s-1. The results showed that the heat transfer coefficients were
remarkably influenced by inclination angle but pressure drop were slightly affected.
Although, a number of investigations have been carried out on single phase and two-phase flow of
refrigerants inside a helical coiled tube but a few investigations have been reported on two phase
flow inside the helical coiled tube at inclined position. Only single work has been reported by Mozafari
et al. (2015) which investigated the effect of inclination position of helical coiled tube in tube type
heat exchanger on condensation heat transfer and pressure drop of R-600a. In this study, the
condensation heat transfer coefficient of R134a for different inclination position of the helical coiled
tube in shell has been examined. In addition, the effect of inclination angle,vapor quality and mass
flux on average heat transfer coefficient have also been investigated.

2. EXPERIMENTAL APPARATUS AND PROCEDURES
The schematic diagram of the experimental set-up has been depicted in Fig. 1. The main
components of experimental set-up were composed of a pre-heater, test-condenser, postcondenser, three refrigerant magnetic gear pumps, Coriolis mass flow meter and data acquisition
system. The test-section was a counter flow type heat exchanger. The test-section was connected
to post condenser, where two phase quality of refrigerant coming from test-section was sub-cooled
to a liquid state by extracting heat to cold water circulated from the condensing unit. The municipal
water was employed for cooling purpose which was circulated inside the shell of the test-section.
The temperature of water inside the test-section was controlled by variac of 2 kW capacity. A slight
glass after the post-condenser was placed to ensure the continuous liquidity of refrigerant before
entering the three magnetic gear pump connected side by side. The flow rate of refrigerant was
monitored by operating the speed of the magnetic gear pump through frequency inverter. The
Coriolis mass flow meter followed by magnetic gear pump was accommodated to measure the
refrigerant flow rate. In order to control the vapor quality at the inlet of the test-condenser, an
appropriate pre-heater was designed from a 6 m long U-bend stainless steel tube. By supplying high
current and low voltage through step down auto transformer, liquid refrigerant was evaporated by
heating the tube. A standard filter-drier was incorporated following the pre-heater to remove any
foreign particles and moisture in refrigerant loop. A number of hand shut-off valves were facilitated
to provide facile installation of a component in the apparatus.
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Figure 1: Schematic diagram of experimental set-up
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Fig. 2 depicts a schematic diagram of the test-section. The test-section was a counter flow helical
coiled tube in shell type heat exchanger in which the refrigerant flowing inside the inner tube extracts
the heat to the cooling water flowing the opposite direction to refrigerant flow inside the shell. The
inner helical coiled tube, which was made by turning the straight tube over the wooden block. Details
of the test tube are given in Table1. It can be seen from the Fig. 2 that a mild steel frame was
constructed to support the test-section by means of two rod. One end of the rods is welded on the
test-section, while, another end is threaded which was used to fix the test section at the particular
inclination position by mean of bolts. The T-type thermocouples were fixed to measure the refrigerant
temperature at the inlet of the pre-heater, inlet and outlet of the test-section. The outer wall
temperature of the helical coiled tube was also measured with T-type thermocouple at six positions.
In each position, four thermocouples were placed 90o apart over the top, bottom and two sides. A
special glue was used to fix thermocouples on the wall to avoid water resistance. The accuracy of
thermocouples was ±0.1°C of full scale. The pressure Transducers with accuracy 0.25% were
utilized to measure the refrigerant pressure at the inlet and outlet of the test-section and at the
entrance of the pre-heater. Also Pressure drop between the test-section was measured by a
differential pressure drop transducer. The saturation temperature of refrigerant was taken at an
average pressure of the inlet and outlet pressure of the test-section. The Coriolis flow meter with an
accuracy of 0.1% was employed to measure the refrigerant mass flow rate. The water flow rate in
annulus tube was measured by a turbine flow meter. The turbine flow meter has an accuracy of 1%
of the full scale. All thermocouple and pressure transducer signal was transferred to the multichannel
data acquisition system with PXI controller. The steady state condition was assumed when reading
of temperatures, pressure and mass flow rate remain constant for at least 20 min. The details of the
experimental condition are shown in Table 2.

Figure 2: Sketch of Inner tube and test-section
Table 1. Test-section specifications

Parameter

Inner diameter of tube
Outer diameter of the tube
Coil mean diameter
Number of turns
Length of copper tube
Pitch of the coil
Inner diameter of the shell
Outer diameter of the shell
Length of the shell

Dimensions (in
mm)
8.33
9.52
110
6
2200
25
140
160
200
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Table 2. Experimental conditions

Parameter
Refrigerant
Average saturation temperature (oC)
Mass flux (kg m -2s-1)
Heat flux (kW m -2)
Vapor quality

Range
R-134a
35
115,156,191
1.5-10.4
0.1- 0.83

3. DATA REDUCTION
The data reduction analysis is employed to evaluate the average heat transfer coefficient and the
average frictional gradient during an experiment at steady state conditions. The thermo-physical
properties of R-134a have been determined by using REFPROF-9. The average heat transfer
coefficient (havg) is obtained by the following equation:

ℎ𝑎𝑣𝑔 = 𝐴 (𝑇
𝑖

𝑄𝑤

Eq. (1)

𝑠𝑎𝑡 − 𝑇𝑤𝑖 )

Where, Qw, Tsat, Ai and Twi are the heat transfer rate inside the test-section from tube to flowing
water, saturation temperature of refrigerant corresponding to the average pressure of the test section
at the inlet and outlet, inner surface area on tube and average inner wall surface temperature of the
tube, respectively.
The average vapor quality of the refrigerant is calculated by taking the arithmetic mean of vapor
quality at inlet and outlet of the test section which can be defined as following equation:
𝑥𝑖𝑛,𝑡𝑠+ 𝑥𝑜𝑢𝑡,𝑡𝑠

𝑥𝑎𝑣𝑔,𝑡𝑠 = (

2

)

Eq. (2)

Where, inlet vapor quality (𝑥𝑖𝑛 ) of the test-section is evaluated by applying energy balance equation
at the preheater as follows:

𝑥𝑖𝑛 =

1
ℎ𝑓𝑔,𝑡𝑠,𝑖𝑛

𝑄𝑝ℎ

(ℎ𝑖𝑛,𝑝ℎ +

𝑚𝑅

− ℎ𝑓,𝑖𝑛,𝑡𝑠 )

Eq. (3)

Where, Qph is the electrical power supplied to the pre-heater. The hin,ph is the enthalpy at the inlet of
the preheater which is calculated by measuring the temperature and pressure of sub-cooled liquid
refrigerant. It is assumed that energy loss between the preheater outlet and test section inlet is
neglected. Hence, the enthalpy at the test section inlet is equal to the enthalpy at the outlet of preheater. The enthalpy of saturated liquid (hf,in,ts) and enthalpy of vaporization (hfg,ts,in) are determined
based on the temperature at the inlet of the test-section.
The outlet vapor quality of the test section is given by:

𝑥𝑜𝑢𝑡 = (

ℎ𝑜𝑢𝑡,𝑡𝑠 − ℎ𝑓,𝑜𝑢𝑡,𝑡𝑠
ℎ𝑓𝑔,𝑜𝑢𝑡,𝑡𝑠

)

Eq. (4)

Where, hf,out,ts and hfg,out,ts are the enthalpy of the saturated liquid and vaporization at the outlet of the
test section, respectively, which are calculated by outlet temperature of the test section. The hout,ts is
the enthalpy of the refrigerant at the outlet of the test section which is determined by energy balance
equation on the test section as follows:

ℎ𝑜𝑢𝑡,𝑡𝑠 = (ℎ𝑖𝑛,𝑡𝑠 −

𝑄𝑤
𝑚𝑅

)

Eq. (5)

Where, hin,ts and mr are the enthalpy of refrigerant at the inlet of the test section and mass flow rate
of the refrigerant, respectively.
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4. RESULTS AND DISCCUSION
In this study, the effect of vapor quality, mass flux (115, 156 and 191 kg m -2s-1) and inclination angle
of the helical coiled tube on average heat transfer coefficient have been discussed. First of all, the
Fig. 3 shows the comparison of the experimental Nusselt number of horizontal helical coiled tube
with renowned correlations which was proposed by Wongwises and Polsongkram (2006) and Gupta
et al. (2014). The results showed that these correlations predicted accurately the experimental data
for horizontal helical coiled tube. Moreover, it is revealed that Wongwises and Polsongkram
correlation (2006) overestimated the most of experimental results, while Gupta et al. (2014)
correlation underestimated the experimental data. However, the data predicted by those correlations
exists within an error band of ±30%. Hence, this is confirmed that the experimental results
determined by using the test facility were found to be reliable.

Predicted Nusselt number, Nupre

800

Wongwise and polsongkram correlation (2006)
Abhinav Gupta et al. correlation (2014)

600

+30%
-30%

400

200

0
0

200
400
600
Experimental Nusselt number, Nuexp

800

Figure 3: Comparison of experimental Nusselt number of horizontal helical coiled tube
with existing correlations

In Fig. 4, the heat transfer coefficient for different inclination position of helical coiled tube data have
been shown. This figure has been drawn taking average vapour quality as abscissa and average
heat transfer coefficient as ordinate. The effect of the vapor quality and mass flux of refrigerant on
average heat transfer coefficient for several inclination position of helical coiled tube were
investigated. It is apparent from the Fig. 4, the heat transfer coefficient of R-134a increases for the
mass flux rise from 115 to 191 kgm -2s-1, at any given vapor quality. The experimental results indicate
that there is higher heat transfer coefficients at high vapor quality for any flow rate of refrigerant in
the range of 115 to 191 kgm -2s-1. This is attributed duo the fact that during the condensation process
inside the tube, the high vapor velocity is attained as vapor quality increased and then it produced
the higher shear stress between the vapor- liquid interfaces, resulting more waves formed on the
surface of condensate film which in turn increased the heat transfer surface area. Therefore, the
heat transfer coefficient of R-134a has been increased. Besides this, the increase in the mass flux
also enhances the heat transfer coefficient. This is because, velocity of the vapor and liquid film
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raises, as mass flux of refrigerant increases
and, thereby, more turbulence exists in flow
field. At high velocity of vapor-liquid mixture,
secondary flow turns out to be stronger,
causing high shear stress on the condensate
film form inside the tube. Which results in a thin
liquid film thickness because of the high
deposition of liquid droplets in the vapor phase
of refrigerant. Consequently, the heat transfer
coefficient is enhanced with the rise in mass
flux of refrigerant. For instance, the mass flux
increases from 115 to 191 kg m -2s-1, the heat
transfer coefficient increased nearly 70-98% for
horizontal position (0o), 72-99% for upward 45
degree (+45o) and 76-95% for upward 90
degree (+90o) in the all range of the vapor
quality.
Fig. 5 shows the effects of inclination position
of helical coiled tube on the average heat
transfer coefficient for the refrigerant mass flux
of 115 and 191 kg m -2s-1. It can be observed in
the Fig. 5 that the inclination position of helical
coiled tube has notable effect on heat transfer
coefficient. The different trend is found for the
different inclination position of helical coiled
tube. This possibly will be clarified by
inconsistency of heat transfer during the phase
variation which causes different flow pattern
inside the helical coiled tube for different
inclination position of helical coiled tube. The
similar investigation is reported in past study
e.g. M. Mozafari et al. (2015) on a
condensation of R-600a on helical tube in tube
type heat exchanger and Azer et al. (1976) on
the smooth tubes. Moreover, it has been
observed in Fig. 5 that the maximum and
minimum heat transfer coefficients have been
found at +45 degree and +90 degree inclination
angle of the helical axis from the horizontal
position, (in the upward direction), respectively.
In addition, the heat transfer coefficient for zero
degree inclination angle was found to be
slightly less than that of inclination angle of +45
degree and considerably higher than that of
that of +90 degree. For instance, the heat
transfer coefficient for +45 degree angle of
helical coiled tube is almost 2-11% higher than
that of zero degree angle and about 17-40%
higher than that of +90 degree angle. This is
because, at high mass flux and high vapor
quality, the gravitational force is insignificant,
while the effects of interfacial shear stress are
noticeable. On the contrary, at low vapor
quality and low mass flux, gravitational force
has a prominent effect on the heat transfer
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Figure 4: Effect of mass flux and vapor quality on
the average heat transfer coefficient for different
inclination position (a) 0o (b) +45o (c) +90o
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coefficient. Consequently, the heat transfer coefficient at low vapor quality and low mass flux is
different for different inclination angle.

4

3

2

1

0
0.0

0.1

0.2

0.3

0.4

0.5

0.6

Avg. Vapour Quality, xavg

0.7

0.8

0.9

7

o
G = 191 kg m-2s -1 Tsat = 35 C

6

b

= 0 degree
= + 45 degree
= + 90 degree

5

4

3

2

1
0.0

0.1

0.2

0.3

0.4

0.5

0.6

Avg. Vapour Quality, xavg

0.7

0.8

0.9

Figure 5: Effect of inclination position of helical coiled tube on average heat transfer
coefficient (a) 115 kg m-2s-1 (b) 191 kg m-2s-1

5. CONCLUSIONS
In this study, the effect of vapor quality, mass flux and inclination angle of the helical coiled tube on
average heat transfer coefficient have been discussed. The following conclusions can be drawn:
1. The average heat transfer coefficient for smooth inclined helical coiled tube increases w hen
vapor quality or mass flux increases.
2. Inclination angle of helical coiled tube has significant effect on heat transfer coefficient. The
highest heat transfer coefficient is for the inclination angle of 45 o at the refrigerant mass flow rate
of 115 kgm -2s-1 and 191 kgm -2s-1 as well.
3. The heat transfer coefficient for +45 degree angle is almost 2-11% higher than that of zero degree
angle and about 17-40% higher than that of +90 degree angle.
4. For the mass flux increases from 115 to 191 kg m -2s-1, the heat transfer coefficient increases 7098% for horizontal position, 72-99% for upward 45 degree and 76-95% for upward 90 degree in
the all range of the vapor quality.

NOMENCLATURE
A
Cp
d
D
G
havg
h
k
l
Nu
Q
T
x
ph


test-section tube area (m2)
Specific heat at constant pressure (J kg -1 K-1)
Tube diameter (mm)
Coil mean diameter (mm)
Mass flux (kg m -2s-1)
average heat transfer coefficient (kW m -2 K-1)
Enthalpy (kJ kg-1)
Thermal conductivity (W k-1m -1)
Length (m)
Nusselt number
heat transfer rate (W)
Saturation temperature (oC)
Vapor quality
Preheater
inclination angle, (o)

subscripts
f
fluid
fg
latent heat of vaporization
i
inner
in
inlet
out
outlet
o
outer
R
Refrigerant
sat
saturation
ts
test-section
w
wall
wi
inside wall
W
water
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ABSTRACT
Linear compressors can be used for refrigeration systems due to higher efficiency, oil-free
operation and compactness. One major challenge for linear compressor is the sensing of piston
position. This paper presented a novel method to detect the piston position at resonance without
a piston position sensor. Inductive coil was wounded around the middle core and the end core.
The peak-to-peak flux linkage at two zero crossing points of measured current was calculated for
various strokes for resonance operation. The results show that both the peak-to-peak flux linkage
of end core and middle core vary linearly with the stroke. A linear function was fitted for peak-topeak flux linkage at various strokes. The maximum error between calculated peak-to-peak flux
linkage with measured current and linear fitting result is about 6%. When linear compressor is
operated off resonance, the flux linkage difference is smaller than that at resonance. It can be
concluded that inductive coil can be used to detect the compressor stroke thus to modulate the
cooling capacity of the refrigeration system.
Keywords: Refrigeration, Linear Compressors, Control, Resonance, Sensor-less, Inductive Coil.

1. INTRODUCTION

Linear compressors driven directly by linear motors have been used for refrigeration systems.
Compared with conventional rotary induction motors, linear motors can achieve a higher efficiency
when a linear motion is required, as the absence of crank mechanism reduces the friction loss.
Linear compressors are more efficient and simple with the cooling capacity modulation (Bansal et
al., 2011), and the linear compressor could operate more efficiently over a wider range of dead
volumes than the crank-drive compressor (Bradshaw et al., 2012).
Three types of linear motors are distinguished by the structure: moving coil, moving magnet and
moving iron. Liang (2017) summarized the pros and cons of each type. For moving coil motors, it
is easier to design and control the stroke, but low power density and high cost restrict their
application in household refrigerators. With the development of moving magnet topologies, highenergy permanent magnet material such as NdFeB (Neodymium-Ferro-Boron), and soft magnetic
composites for core, high force capacity and energy-saving effect have made moving magnet
motors suitable choices for linear compressors.
One of the most practical approach to control the piston stroke is to modulate the voltage applied
to the motor coils. In most cases, a piston displacement sensor is used to detect the piston stroke
and the coil voltage will be adjusted accordingly in the next operation cycle. Using piston
displacement sensor to sense piston position increases cost and require certain room for the
instrumentation of the piston sensor, which also makes it difficult to install the piston sensor in a
small size linear compressor. Liang et al (2016) wounded a search coil around a main coil and the
peak-to-peak flux linkage was calculated with measured current and voltage of search coil. The
proposed method requires an accurate value of mutual inductance between main coil and search
coil.
In this work, an inductive coil was wounded around end core and middle core to detect the piston
position at resonance. The peak-to-peak flux linkage at two zero crossing points of current for
various strokes was calculated when linear compressor was operated at resonance. The
configuration and specification of the linear compressor are shown in Fig. 1 (Liang, 2013). The
linear compressor consists of a moving magnet linear motor, flexure spring and virtual radial
clearance of about 10 mm. The linear motor is composed of four laminated cores wounded by coils
and three moving magnets. The slotting of cores forms an air gap where magnets are placed.
When an alternating current is supplied to the cores, an alternating axial force will be induced in
the moving magnet assembly, which drives the piston reciprocating at the same frequency.
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Figure 1: Design of the linear compressor (Liang, 2014)

2. INSTRUMENTATION & POSITION SENSING METHOD
Experimental Apparatus
Fig. 2 shows the schematic of the refrigeration system using the linear compressors and
instrumentation apparatus. A throttling/expansion valve was used for pressure ratio regulation.
Except for the main flow loop introduced above, a bleed flow loop which connects the compressor
body side to the suction line of the main flow loop was also included in the test loop. Two PID
controllers were employed. One was used for stroke control, and the other was for piston offset
adjustment. In the stroke control, the amplitude of sinusoidal waveform excitation voltage was
determined according to measured piston displacement and set point of stroke. A PWM (Pulse
Width Modulation) signal was generated to drive the solenoid valve. The duty cycle of the digital
pulse signal determined the fraction of time that solenoid valve was open. The resonant frequency
was calculated automatically with linearized gas spring stiffness and mechanical spring stiffness
in LabVIEW (Liang et al., 2013). The operating frequency can be adjusted manually during
operation.
Refrigeration system
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Capacitor

Capacitor
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Figure 2: Schematic of the control of the linear compressor in the refrigeration system and
instrumentation (P: pressure transducer, T: thermocouple, M: mass flow meter, V: voltage sensor, I:
current transducer, X: linear variable differential transducer, D: duty cycle)
Table 1. Test conditions for the linear compressor and refrigeration system

Refrigerant
Charge (g)
Pressure ratio
Compressor stroke (mm)
Condenser temperature (°C)
Operating frequency (Hz)
Suction temperature (°C)
Ambient temperature (°C)

R1234yf
250
2.5, 3.0, 3.5
11, 11.5, 12, 12.5, 13
45
32-38
20-30
22
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Piston Position Sensing Method
The inductive coil wound around the main coil is used to detect the piston stroke by calculating the
variation of flux linkage. Fig. 3 shows a search with 10 turns wounded around a main coil with a
magnet placed in the air gap. During operation, one inductive coil was wound around the middle
core and one inductive coil was wound around the end core.
When linear compressor is operated at resonance, the phase difference between displacement
and current should be 90º (shown in Fig. 4). At maximum and minimum piston displacements, the
current is zero and flux linkage induced by current equals to zero. By calculating the flux linkage
difference between two zero crossing points of current, the peak-to-peak flux linkage versus stroke
can be concluded.
The peak-to-peak flux linkage ∆φ can be calculated by
Eq. (1)

∆φ = φmax − φmin

Eq. (2)

φ = ∫ 𝑉s 𝑑𝑡

where 𝑉𝑠 is the voltage of inductive coil, φ is flux linkage, φmax is the flux linkage at maximum
piston displacement, φmin is the flux linkage at minimum piston displacement.
Magnet

Core
Main coil
Inductive coil

Figure 3: Core with main coil and inductive coil wound around

3. RESULTS and DISCUSSION
3.1.

Current, Displacement and Flux Linkage

Fig. 4 shows the measured current and displacement at resonance with a stroke of 8 mm. The
amplitude of current is 1.7 A, and the operating frequency is 34 Hz. Both the current and
displacement signal are not in perfect sinusoidal waveform, the harmonic components cannot be
neglected. When current is zero, the piston displacement is close to maximum or minimum
displacement. As the operating frequency was adjusted manually according to the calculated
resonant frequency, the maximum and minimum displacement occur slightly earlier than the zero
crossing point of current as shown in Figure 4. At zero crossing point of current, the flux linkage
calculated by the integration of the voltage of inductive coil is induced by the permanent magnets.

Figure 4: Measured current and displacement at resonance with a stroke of 11 mm and operating
frequency of 35 Hz
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Fig. 5 shows the measured voltage of the end inductive coil and calculated peak-to-peak flux
linkage of the end core with a stroke of 8 mm and frequency of 35 Hz for resonance operation. The
amplitude of voltage of the end inductive coil is 0.62 V, the amplitude of flux linkage calculated by
the integration of the voltage across the end inductive coil is 0.53 mWb. As shown in Fig. 5, the
calculated peak-to-peak flux linkage at resonance is 0.23 mWb.

Figure 5: Measured voltage of the end inductive coil and calculated peak-to-peak flux linkage of the end
core with a stroke of 8 mm and operating frequency of 35 Hz for resonance operation

3.2.

Peak-to-peak Flux Linkage at Resonance

For different piston positions, the flux linkage induced by magnets in one core is different as the
magnetic resistance of air gap between magnets and core vary with armature position. The peakto-peak flux linkage at resonance between two zero crossing points of current in a cycle is because
magnets move from one side to the other. With measured current and methods introduced in
section 2.2, the peak-to-peak flux linkage at resonance can be calculated. Fig. 6 (a) and (b) show
the peak-to-peak flux linkage for end core and middle core respectively. Both the peak-to-peak flux
linkage of end core and middle core increase linearly with stroke. The slope for the end core is
smaller than that of the end core. When stroke increase from 8 mm to 13 mm, peak-to-peak flux
linkage of end core and middle core increase from 0.18 mWb to 0.26 mWb, 0.29 mWb to 0.46
mWb respectively. The maximum error between calculated peak-to-peak flux linkage with
measured current and linear fitting result is about 6%.

(a)

(b)

Figure 6: Peak-to-peak flux linkage versus stroke at resonance (a) end core (b) middle core

3.4.

Flux Linkage Difference for Off Resonance Operation

When linear compressor is operated off resonance, the piston displacement at zero crossing point
of current is not maximum or minimum. The integration of the voltage of inductive coil between two
zero crossing points in one cycle will be smaller than the peak-to-peak flux linkage at resonance.
Fig. 6 shows the flux linkage difference between two zero crossing points of current in one cycle
with operating frequency with a stroke of 11 mm. Fig. 7 (a) and (b) show the results for end core
and middle core respectively. Both the flux linkage difference for end core and middle core increase
25thwith
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them decrease when operating frequency increases from 37 Hz to 39 Hz. The flux linkage
difference at operating frequency of 37 Hz is closest to the linear fitting result for a stroke of 11 mm
as introduced in section 3.1, which indicates that the resonant frequency approaches 37 Hz. The
closer the operating frequency approaches resonance, the larger the flux linkage difference is.
When the difference between operating frequency is ±2 Hz, the error for end core and middle core
is 7.5% and 8.5% respectively. This means that the inductive coil can still give reasonable accuracy
of compressor stroke though the compressor is off-resonance by 2 Hz.

(a)

(b)

Figure 7: Flux linkage difference at two zero crossing points of current versus operating frequency for a
stroke of 11 mm (a) end core (b) middle core

3.4.

Cooling Capacity

Cooling capacity of the refrigeration system can be modulated by adjusting stroke of the piston
that is a linear function of flux linkage. Fig. 8 shows the cooling capacity with fitted peak-to-peak
flux linkage of end core for a pressure ratio of 2.5 using R1234yf for resonance operation. With the
increase of fitted peak-to-peak flux linkage of middle core from 0.4 mWb to 0.47 mWb, which
corresponds to stroke from 11 mm to 13 mm, cooling capacity increases almost linearly from 158
W to 270 W. It can be seen that the modulation of the cooling capacity of linear compressor can
be simply implemented by adjusting the drive voltage/current with compressor stroke being
detected by inductive coil. Displacement transducer will not be needed for low-cost control system.

Figure 8: Cooling capacity versus peak-to-peak flux linkage of end core for a pressure ratio of 2.5 using
R1234yf for resonance operation

4. CONCLUSIONS
In this work, an inductive coil was wounded around end coil and middle coil to detect piston position
of a linear compressor. The peak-to-peak flux linkage at resonance was calculated with measured
current. Main conclusions are listed below:
1. When linear compressor is operated at resonance and current is zero, the piston is at its
maximum or minimum displacement in one cycle.
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2. Both the peak-to-peak flux linkage at resonance of end core and middle core increase linearly
with stroke. The slope for end core is about 0.0207 mWb/mm and the slope is about 0.036
mWb/mm for end core.
3. When linear compressor is operated off resonance, the flux linkage difference at two zero
crossing points of current is smaller than resonant result.
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ABSTRACT
Internally Micro finned (MF) tubes are being used presently in the Condensers and Evaporators of
Unitary air conditioning systems. In the present study, condensation characteristics of HFC
refrigerants, R-134a and R-404A have been investigated experimentally inside horizontal smooth
and MF tubes (OD 9.52mm) of 15° and 18° helix angle respectively, in mass flux range of 200-600
kg/m2s with vapour quality varying between 0.1-0.9 at condensation saturation temperatures of
35°C and 40°C. The calculated quasi-local condensation HTCs for R-134a and R-404A inside MF
tubes are 1.21-1.82 and 1.18-1.54 times higher and corresponding frictional PD are 1.97-2.56 and
1.71-2.22 times higher compared to that obtained for ST. The HTCs and frictional PDs for
refrigerant R-134a are higher compared to refrigerant R-404A. A new heat transfer correlation has
been proposed. The overall uncertainty in the heat transfer coefficient varied between 5% to 15%.
Keywords: Heat transfer coefficient, Frictional pressure drop, Micro-fin tube, Condensation, HFC
refrigerants

1. INTRODUCTION
The presence of micro-fins (MF) enhances the HT rate inside horizontal tubes of condensers and
evaporators of refrigerators and air conditioners in1980s. For decreasing size of condensers and
evaporators in air conditioning systems, manufacturers of heat exchangers have been focusing on
designing micro-fined tubes. Micro-fins are extensively used in copper tube of condensers and
evaporators of industrial chillers and heating ventilation and air conditioning units.
Condensations in micro-fin horizontal tubes have shown the improvement in terms of heat transfer,
when compared by identical smooth horizontal tubes working under similar circumstances. The
plausible reasons for this phenomenon are increase in the useful surface area, decrease in liquid
film thickness and secondary swirl flow generation with internal micro-fins. From the various
research studies, condensation of refrigerants through horizontal tubes is well known. The review
of various research studies of flow condensation of various refrigerants using micro-fin tubes has
been presented here. Cavallini et al. (2009) developed a correlation for HTC for refrigerants R134a, R-22, R-410A, R-123 and CO2 for micro-fin tube. This revised model describes physical
properties for refrigerants, geometrical characteristics of tubes and flow patterns inside horizontal
MF tubes. Nozu et al. (1998) proposed a correlation for horizontal ST and MF tubes using R-11.
Han and Lee (2005) suggested correlation for condensation in MF tubes with refrigerants R-22, R134a and R-410A. Liebenberg et al. (2005) suggested spectral density distributions for flow pattern
recognition throughout condensation in both ST and MF tubes with refrigerants R-134a, R-22 and
R-407C. Cavallini et al. (2009) predicted the new model for HTC applied to pure and blends of
refrigerants during condensation. This updated model obtains real properties and flow patterns of
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two phase flow for refrigerant. Sapali and Patil (2010) and Vu et al. (2015) suggested the
experimental average HTC raises by raise in vapour quality, mass fluxes and heat fluxes but
reduces by inner diameter and raising condensing temperature for ST and MF tubes for R-134a
and R-404A.
The performance of a MF tube during condensation of HFC (R-134a and R-404A) has been
studied experimentally in this work. Also a correlation of heat transfer coefficient has been
proposed with mass fluxes from 200-600kg/m2s inside MF tubes.

2. EXPERIMENTAL TEST RIG AND TEST CONDITIONS
The experimental test rig is schematically presented in the Fig. 1. The test facility has refrigerant
loop in which refrigerant flows through the evaporator coil and changes into the superheated
vapour with the help of hot water in the tank. After that it goes to the pre-condenser where it is
partly condensed by cold water flowing in the annulus. The pre-condenser is counter flow heat
exchanger (HE) where the quality of vapour changes by increasing or decreasing the length of pre
condenser, mass flow rate of cold water in annulus and temperature of cold water. Test condenser
is also a tube in tube counter flow heat exchanger in which refrigerant flows through the copper
tube at required vapour quality and mass flux. T-type (copper-constantan) thermocouples have
been installed on the upper wall of copper tube by brazing in such a manner that thermocouples
make cross shape in the circumference and located at six positions as shown in schematic
diagram of test section (Fig 2). The liquid and vapour phase refrigerant from the test condenser
enters into the post condenser. The post condenser is single shell and two tubes pass type HE in
which refrigerant flows in shell side and cold water in copper tubes, where it fully condensed. This
fully condensed liquid refrigerant flows to the evaporator through needle type valve by open type
reciprocating compressor. This open type reciprocating compressor is compatible with refrigerants
R-134a and R-404A. The refrigerant flow can be controlled by needle type expansion valve. The
temperature and pressure of refrigerant at test condenser, post condenser, evaporator and precondenser are measured by using thermocouple wires and pressure sensors inserted into the
refrigerant flow in tube wall and the pressure difference at test condenser inlet and outlet are
measured by differential pressure transmitter (DPT). The mass flow rate of refrigerant displayed by
coriolis mass flow meter installed between post condenser and evaporator. A data acquisition
system of Make: Agilent, with three armature multiplexer cards has been attached to computer to
achieve the experimental raw data. Thermo-physical properties of the refrigerants used in this
study are calculated by REFPROP 7 (2002).
In hot water loop, evaporator is tube coil and tank type heat exchanger. In tube coil refrigerant is
vaporized by surrounding hot water which is heated by resistance heater immersed inside the
tank. Hot water flow rates have been measured by acrylic rotameter and temperature by
resistance temperature detector (RTD).
ST and MF tubes geometrical parameters are tabulated in Table 1. In the cooling water loop,
temperature of cold water in pre-condenser and test condenser is regulated with the help of
dimmer stat they regulating the electrical power supply to the resistance heater.
The resistance heater and chiller are used for increasing and decreasing the temperature of water.
Cold water flow rates are measured by using acrylic rotameter and temperature by resistance
temperature detector (RTD). The uncertainty analysis for heat transfer coefficients has been
performed by using method proposed by Moffat (1988). The uncertainties of different parameters
are tabulated in Table 2.
Table 1. Geometrical features of horizontal smooth and micro-fin tube

Parameters

Micro-fin tube (MF-1)

Micro-fin tube (MF-2)

Outer diameter, OD (mm)

Smooth
tube
9.52

9.52

9.52

Bottom wall thickness(BWT), (mm)

-

0.30

0.28

Fins height (F.H.) (mm),eh
Fins angle (α)
Helix angle (β)
No. of fins, N

-

0.17
25
18
70

0.15
30
15
70
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Length of tube, (m)
Cross sectional area, mm2

2.32
48.97

2.32
62.45

2.32
63.02

Figure 1: Schematic diagram of Experimental test rig

Figure 2: Schematic diagram of test section
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Table 2. Measured uncertainties

Items
Refrigerant temperature
Cooling water temperature
Differential pressure
Refrigerant flow rate
Water flow rate
Average heat transfer coefficient

Accuracy
±0.1°C
±0.5°C
±0.05% of span
±0.2% of span
±5%
±6.18%

3. DATA REDUCTION
3.1.

Local heat transfer coefficient (HTC)

The condensation local HTC inside horizontal tubes for two phase flow is obtained as:

ℎ=
Eq.(1)

!

! !!"# !!!"

The heat absorbed by the cooling water Q in test condenser is calculated as

𝑄 = 𝑚! 𝐶!" ∆𝑇!"

(2)

Eq.

Vapour quality at inlet and outlet of test condenser has been calculated from enthalpy balance of
Precondenser and Test condenser. Therefor, mean vapour quality in test condenser is determined
by average of vapour quality at test condenser inlet and outlet.
3.2.

Pressure drop (PD)

The total PD inside the horizontal tubes in two phase flow is the sum of momentum, frictional and
gravity component,
∆𝑃!"!#$ = ∆𝑃!"! + ∆𝑃!"#$ + ∆𝑃!"#$%&'
Eq.
(3)
The flow is horizontal, then, ∆𝑃!"#$%&' = 0, so that the frictional PD is calculated by subtracting the
momentum or acceleration PD from the total measured PD. This total PD at test condenser is
measured by using DPT.
∆𝑃!"#$ = ∆𝑃!"!#$ − ∆𝑃!"!
Eq.
(4)

The momentum PD is calculated by the equation given below as
∆𝑃!"! = 𝐺 !
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Eq.(5)
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The void fraction 𝜀 is calculated by Smith correlation (1971)

𝜀 = 1+

!!! !!
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0.4 + 0.6√ !!!.! !!!

Eq.(6)

4. RESULTS AND DISCUSSION
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HTC during the condensation inside ST and two MF tubes (referred as MF-1, helix angle 18° and
MF-2, helix angle 15°) are experimentally obtained with R-134a and R-404A at condensation
temperature 35°C and 40°C. During whole experiments on test sections of smooth and micro-fins
420 points are recorded.
4.1.

Condensation heat transfer coefficient

Experimental HTCs for pure R-134a and blended refrigerant R-404A inside ST and MF tubes are
presented as shown in Fig. 3.

Figure 3: Comparison of heat transfer coefficient of R-134a and R-404A in a smooth and micro-fin
tube (helix angle 18°) at saturation temperature of 35°C and 40°C

When the mass flux and vapour quality increases then the HTC at low vapour quality and mass
flux increases gradually and after that at high values it increases rapidly. Also the HTC depends on
condensation temperature, its value increases with decrease of condensation temperature. The
trend line of experimental data is sort of linear at stable mass flux and condensation temperature
versus vapour quality.
The experimental HTCs obtained from MF tubes are larger than STs at steady mass flux and
condensation temperatures because spiral shape inside the micro-fin tubes stretching the film of
liquid phase as results film thickness decreases by this thermal resistance decreases. The
experimental values of HTC inside MF tubes were 1.21- 1.82 times and 1.18-1.54 times greater
than those of smooth tubes at saturation temperature 35°C, 40°C and mass flux from 200 to
600kg/m2s with R-134a and R-404A because the liquid phase density of R-134a is greater than R404A (1.17 times). Due to higher liquid density of R-134a thickness of liquid film decreases at fin
tip resulting in HTC increases. The HTCs obtained inside MF tube (MF-1) greater than that of MF
tube (MF-2) due to greater helix angle and fin height. Higher values of helix angle and fin height
improves turbulence and surface area for HT in MF tubes and develop large Nusselt number and
friction factors. A higher helix angle forms fins more inclined to the incoming axial flow so that
stronger interactions developed between the fins and fluid flow which arise higher heat transfer.
High fin height increases the surface area of heat transfer also increases heat transfer rapidly
when the helix angle is greater than 20° because it increases the interactions between incoming
fluid flow and fin tip.
4.2.

Predicted heat transfer coefficient correlation for micro-fin tubes
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Equation 7 shows the new developed correlation by multiple linear regression technique, Chapra
and Raymond (1990) for computation HTCs inside horizontal MF tubes. The coefficient of
correlation determined for micro-fin tubes is 0.94274, mean absolute deviation is 7.92% and
standard deviation is 9.33%. In new correlation equivalent Reynold number is taken as a
significant measure of kinematic and dynamic similarities in forced convection heat transfer
whereas Prandtl number strongly influences the relative growth of mass velocity and thermal
boundary layers. The involvement of reduced pressure or pressure ratio forms the developed
correlation more convenient for large range of saturation temperatures. The product of Froude and
Bond number gets the influence by inertia, surface tension and gravitational forces.
!.!"#$
𝑁𝑢 = 0.637  . 𝑅𝑒!"
  . 𝑃𝑟!!!.!"#   .

!
!!"

!!.!

  . 𝑅!!.!"#$   . 𝐹𝑟  . 𝐵𝑜

!!.!"##

Eq.(7)

Figure 4. Comparison of experimental heat transfer coefficient with new correlation in micro-fin tube

The main controlling parameter than the dimensionless numbers for MF tubes is HT area
enhancement factor (Rx). Fig. 4 shows the comparison between experimental and predicted HTC
determined by new developed correlation inside the horizontal micro-fin tubes.
4.3.

Pressure drop

The frictional pressure drops are calculated in 1.91m length of horizontal ST and MF tube test
sections. Total PD is measured by DPT connected at test condenser inlet and outlet.
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Figure 5. Comparison of Pressure drop of R134a and R-404A in a smooth and micro-fin tube (helix
angle 18°) at saturation temperature 35°C and 40°

The experimental frictional PD can be calculated by subtracting the momentum PD from the total
measured PD. The frictional PG inside ST and MF tubes at condensation temperature 35°C and
40°C with R-134a and R-404A are as presented in Fig. 5. The frictional pressure gradient inside
micro-fin tubes has been compared to similar diameter smooth tube working under similar
conditions as presented in Fig. 5. The pressure drop of friction throughout the condensation
process inside micro-fin tubes with R-134a and R-404A is nearly 1.97 to 2.56 and 1.71 to 2.22
times greater than those of smooth tubes due to large value of liquid phase density of R-134a than
R-404A.

5. CONCLUSIONS
The conclusions from the current investigation have been given as below:
[1]
The experimental HTC and frictional PG throughout the condensation of refrigerants
namely R-134a and R-404A are calculated inside horizontal ST and two different MF tubes
MF-1 and MF-2 of helix angle 18°and 15° in the mass flux range of 200 to 600kg/m2s at
condensing saturation temperatures 35°C and 40°C.
[2]
During experiments it has been found that the condensation HTC and frictional PD
increase with increase in vapour quality and mass flux and decrease in condensation
saturation temperature in ST and MF tubes.
[3]
The HTC and frictional pressure drop inside two tubes (MF-1 and MF-2) has been
compared to the equivalent inner diameter smooth tube working in similar conditions to
present the benefits of MF tubes over STs. The obtained condensation local heat transfer
coefficients inside tubes MF-1 and MF-2 were 1.21 to 1.82 and 1.18 to 1.54 times greater
and pressure drop of friction 1.97 to 2.56 and 1.71 to 2.22 times larger than smooth tubes
with condensation of R-134a and R-404A.
[4]
A new correlation for calculation of heat transfer coefficients (280 data points) inside microfin tubes has been developed by the use of multiple linear regression technique. A good
agreement with experimental results having coefficient of correlation is found 0.9427.
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NOMENCLATURE
Heat transfer surface area (m2)
Bond number (-)
Specific heat capacity at constant pressure, (kJ/kg-K)
Tube inner diameter (m)
Froude number (-)
Mass flux (kg/m2-s)
Heat transfer coefficient (W/m2-K)
Mass flow rate (kg/s)
Nusselt number (-)
Pressure (bar)
Prandtl number (-)
Heat transfer rate (W)
Heat flux (kW/m2)

A
Bo
cp
D
Fr
G
h
m
Nu
p
Pr
Q
q
ReEq

Equivalent Reynold number, 𝑅𝑒! +

Rel

Reynold number of liquid phase,

!!

!!
!!
! !!! !

. 𝑅𝑒!

!!

Rev

Reynold number of vapour phase,

Re
Tsat
Twi
x

Reynolds number (-)
Saturation temperature of refrigerant (k)
Inside tube wall temperature (k)
Mean vapor quality

Greek
symbols
α
β
ɛ
µ
ρ
Subscripts
BWT
exp
FH
g
HT
HE
i
l
MF
o
sat

!! !.!

!"#
!!

Fin angle ( o )
Spiral or helix angle (o)
Void fraction (-)
Dynamic viscosity (Ns/m2)
Density (kg/m3)
Bottom wall thickness
Experimental
Fin height
Gas phase
Heat transfer
Heat exchanger
Inlet
Liquid phase
Micro-fin
Outlet
Saturation
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ABSTRACT
CO2 is often proposed as a radical solution to eliminate the greenhouse effect caused by
halogenated hydrocarbons belonging to the HFC category. Even though the direct contribution of
CO2 is practically zero, the indirect effect would be increased if the CO2 refrigeration cycles were
less efficient than traditional ones (lower COP), due to larger electricity consumption bringing about
larger emissions of CO2 and of other pollutants from power stations. The appropriate choice of heat
exchanger technology is a fundamental condition for obtaining COP values form CO2 cycles allowing
for a real reduction of the greenhouse effect. However, CO2 is significantly different from all the other
halogenated and non-halogenated fluids and it poses peculiar opportunities to heat exchanger
designers: their discussion is the subject of this paper, underlining in particular innovative solutions
and test laboratory to enhance the heat exchange efficiency and to improve the overall performance
of the refrigeration plant.
Keywords: CO2, unit coolers, gas coolers, heat exchangers, COP, high efficiency

1. INTRODUCTION
In several refrigeration applications, CO2 is an excellent and environmentally-friendly solution; LUVE has designed very efficient heat exchangers for CO2 applications and has been able to make
important developments thanks to the use of its modern test ring. This plant can test the performance
of CO2 finned heat exchangers, both air cooled unit coolers and gas coolers. The new testing plant
enabled the launch of a specific project for a CO2 fin-and-tube heat exchanger, with the primary aim
of improving knowledge of heat exchange phenomena in evaporation, condensation and during
trans-critical gas cooling. The influence of oil on internal heat exchange coefficient also enters into
the scope of the research. The paper describes the testing activity, the calibration made on software
that calculates product performance, and potential improvements to products. In particular, it was
possible to calibrate a specific method able to take into account the behaviour of the fluid during
trans-critical cooling, properly considering all the parameters affecting real performance.

2. TEST PLANT
The CO2 plant (Fig. 1) was designed to be able to test condensers, gas coolers and unit coolers.
The maximum operating pressure is 120 bar, while the maximum temperature is 120°C. The
capacities of the plant in the standard conditions specified below are:
•
•

Unit Coolers (SC2): 15 kW
Gas Coolers e Condensers (100bar, 120°C, DTmin=3°C) e (25/40/65°C): 40 kW.

A dedicated software programme was developed in-house using LabView to monitor and acquire
data. The tests were conducted making a thermal balance between the test unit and a contrast
group in order to guarantee the reliability of the experimental data. This required a great deal of time
for the calibration of the measurement instrumentation and in particular for the definition of
dispersion inside the climatic test chamber.
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Figure 1: Image of data acquisition codes and view of the plant

3. CO2 HEAT EXCHANGERS
In refrigeration plants using CO2 as the working fluid, two types of heat exchangers are used:
•

•

•

Evaporators, which are included in every proposed plant configuration: in direct CO2 cycles,
in binary cycles (using a low temperature CO2 cycle and an higher temperature cycle,
operated by another fluid and rejecting heat towards the ambient) and in other systems
using CO2 as the cold energy carrier, condensed by a refrigerating machine and
evaporated by the users device. Evaporators, working at low temperature, do not require
elevated operating pressure and therefore are not substantially different from models for
halogenated fluids.
Gas-coolers, which are included in direct cycles only to reject heat towards the ambient.
They perform the same duty of conventional fluid condensers, but rather than condensation
(implying a two-phase equilibrium) a simple transition from the expanded gas phase to the
liquid state takes place. As a matter of fact, as CO2 has a very low critical temperature of
31°C, a supercritical operating pressure is necessary to maintain a temperature higher than
the one of ambient receiving heat from the cycle. The critical pressure being 73.8 bar,
operating pressures much larger than those of conventional cycles will be adopted.
The typical shape of supercritical cycles is shown in Fig. 2. Compared to conventional cycle
rejecting most of their thermal capacity at a constant temperature, supercritical cycle
performance is not only influenced by the minimum and maximum pressure, but their COP
is strongly affected by the gas cooler outlet temperature, i.e. the temperature of the liquid
at the expansion device entrance1. This is very important to obtain acceptable COP: as a
matter of fact, CO2 cycles perform very well with low coolant temperatures (e.g. waterheating heat pumps, low ambient temperatures in cool regions). For a given ambient
temperature, the gas cooler exit temperature is imposed by the design characteristics of
the gas cooler, therefore assuming a fundamental role as far as the cycle performance are
concerned.

Liquid temperature also affects the performance of conventional cycles, provided that a specific heat transfer section is
devoted to sub-cooling, but at a much lower extent.
1
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Figure 2: Examples of inverse CO2 supercritical cycles.

4. EVAPORATORS
A CO2 evaporator for refrigeration applications does not have to undergo especially high working
pressures (Table 1). However it is necessary to prevent overpressures caused by prolonged
standstill of the equipment or by defrosting, when the temperature can rise well over that of the
cooling room. Rather than oversizing the evaporator and the refrigerant lines, it is preferable to adopt
expedients which can limit the project pressure to 60 bar or even less (safety valves, pump-down to
remove liquid from the evaporator). Such pressure values are just a little above those normally used
in refrigeration (all LU-VE evaporators are available up to 85 bar) and do not impose any special
design, even if larger thickness of coil tubes and headers are usually adopted.
Table 1: Relationship between temperature [°C] and pressure [bar] for CO 2.

T -40 -35 -30 -25 -20 -15 -10
-5
0
5
10
15
20
25
30
p 10.04 12.02 14.26 16.81 19.67 22.88 26.45 30.42 34.81 39.65 44.97 50.81 57.22 64.25 72.05
On the other hand, it is interesting to determine if an evaporator designed for conventional
refrigerants can operate correctly for CO2, with no or limited modifications, and, if so, to estimate the
variations of thermal power. It should be stated in advance that the thermophysical properties of
CO2 are favourable to obtaining elevated heat transfer performance. Compared to R404A, CO2 has
higher specific heat, higher thermal conductivity and lower viscosity. This last fact, along with the
greater vapour density, allows fewer pressure drops at the same mass velocity. Considering that (at
equal capacity) the larger heat of evaporation brings about a lower throughflow, pressure drop
reductions at the same power turn out to be very significant indeed. Table 2 shows the results of a
theoretical prediction of a LU-VE unit cooler running on CO2 (in terms relative to R404A) at two
different evaporation temperatures, in the following hypotheses;
• Unchanged specifications: a slight increase in power at -8°C, becoming more consistent at
low temperatures (from 3.5 to 11%); fluid velocity and pressure drops are very low.
• Reducing the number of feeds: in-tube velocity return to optimal values and 6-7% capacity
improvement is shown compared to the previous case; reducing the number of feedings
reduces the cost of the gas header and distributor.
• Reducing the number of inlets and using smooth tubes instead of microfin tubes (helically
grooved microfins such as those normally used in LU-VE unit coolers): microfin tubes are
particularly useful with poor refrigerant heat transfer coefficient: their convenience is very
reduced at high evaporation temperature, but remains significant at low temperature with
a low density fluid (-30°C).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2025

Table 2: Comparative performance of unit coolers for R404A and CO2. The ratios are valid for some
representative models but are not applicable in general.

fluid

R404A

type of tube

CO2

microfin

no. of parallel inlets
rating (rel. to R404A),
Tev= –8°C, ∆T1= 8K
rating (rel. to R404A),
Tev= –30°C, ∆T1= 6K

smooth

N

N

N/2

N/3

100.0

103.5

110.6

108.2

100.0

111.1

117.7

112.0

The last two solutions permit a modest improvement of the specific cost (€/kW) of the equipment,
as long as the pressures of the design do not exceed 40-60 bar. LU-VE has already supplied various
clients with CO2 unit coolers up to now no visible indications have arisen of the slightest power deficit
nor of any operating problems.

5. CO2 HEAT EXCHANGERS
The gas cooler design is notably more complex, also due to the larger operating pressure (up to
150 bar), and poses some relevant peculiarities. The fundamental aspect for the thermodynamic
design is that, as a consequence of the high average temperature along the upper isobar
(responsible for the modest COP values), with CO2 it is possible to bring the cooling air to much
higher temperatures than those occurring with a refrigerant having a condensation phase at constant
temperature. Fig. 3 shows this situation very clearly: it is evident that with CO2 an air ∆T 2-3 times
greater can be obtained. Consequently it is possible to use an airflow reduced by the same
proportion at equal thermal capacity. The large reduction in the airflow gives notable advantages in
terms of reduced front area of the fin pack, of electric power required for ventilation and of the initial
cost of the fans and their regulators.
To quantify these statements, a calculation method was developed capable of accounting for the
particular distribution of the ∆Ts between CO2 and air (as in Fig. 3), provided that flows are
arranged to run countercurrent2.
100
ambient air, CO 2 case
80

CO @ 100 bar
2

60

HFC @ 45°C

40
ambient air, HFC case
20
0

20

40

60

Heat exchanged, %

80

100

Figure 3: Heat transfer diagram for a CO2 gas cooler and for a condenser using a conventional
refrigerant.
In plate-fin coils with 3-4 rows (or more) it is usually possible to arrange the circuiting in order to obtain a fluid path
very close to counterflow, with negligible influence on the predicted performance.
2
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The exchanger is subdivided into 20 computational sections: for each one an independent
evaluation is done of the average logarithmic ∆T and of the in-tube heat transfer coefficient, with the
Gnielinski correlation for single phase flows. Fig. 4 shows an example of how some important
parameters vary in the computational sections. It can be noticed that: (i) the heat transfer coefficient
presents a maximum close to the critical point , (ii) the required surface area increases significantly
in the cold end, due to the reduced ∆T between the two fluids and to the low liquid velocity.

Figure 4:Variations of some parameters in the computational sections of a CO 2. gas cooler

Table 3 shows a comparison between a R404A condenser (capacity of about 170kW with initial ∆T
of 15K) and CO2 gas coolers of the same power range. Since the CO2 outlet temperature plays a
preponderant role, the comparison was carried out in two ways: (i) at equal power, varying the final
temperature, and (ii) at a final ∆T of 5 K, varying the power. The number of parallel feedings is
optimised in all cases. The following solutions are proposed in table 3:
• The first solution is the R404A reference (in normal production).
• The second solution presents the same fin dimensions (frontal area and rows) and the
same ventilation. The rating is exuberant (last line) or, as an alternative, a very reduced
∆T can be obtained (the 0.3 value is, however, only valid for perfect counterflow) all of
which is caused by the very large ∆T between CO2 and air (at equal air flow). The above
mentioned possibility of reducing the airflow was not exploited in this solution
• The third solution thoroughly exploits this possibility, using only one fan instead of three.
• The exchanger surface is redistributed to best adapt to a reduced airflow: the number of
rows is doubled and the front section was halved, with a heat transfer surface practically
the same as the original. The thermal rating at final ∆T of 3K is slightly less than the
reference (-4%) in the presence of major reductions in the dimensions (50%), in the
ventilation power (66%) and in the noise level (4.8dB). It should be pointed out that in
these cases the outlet air temperature is in the range of 60°C: it is therefore convenient
to place the fans at the coil inlet (forced draft) to avoid thermal stress to the motor and to
increases the mass air flow, compared to the usual solution of induced draft (fan at coil
outlet).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2027

Table 3: Comparative performances of air cooled condensers with R404A and CO 2 under the
following conditions: air temperature 25°C, condensation R404A 40°C, CO2 pressure 100 bar.

fluid
number of fans
front coil area, m2
number of rows
number of inlets
fan positioning

R404A
3
5.28
3
66 (std)
induced-draft

cooler outlet temperature,
40°C
at equal power (air at (condensation)
25°C)
or: (relative) thermal rating
100
cooler outlet temp. =30°C
(∆T=15K)

CO2
3
5.28
3
22
induceddraft
25.3°C
(∆T=0.3)
158
(∆T=3K)

CO2
1
2.56
6
21
forced-draft
28.8°C
(∆T=3.8)
96.0
(∆T=3K)

In general, the optimum solutions may vary depending on the design survey and on the requirements
imposed by the compatibility with existing models, for industrial reasons. However, one can conclude
that the use of CO2 could bring about significant reductions in the size of the equipment (in relation
to the reduced ventilation) compared to equipment with similar ratings for conventional refrigerants,
even with small final ∆T values (for example, 3K as in table 3).
LU-VE has over 13 years of experience in CO2 ventilated heat exchangers and it participated in the
construction of the first trans-critical supermarket in Europe (2004), providing gas coolers with
adiabatic spray system in trans-critical operation.
The CO2 gas cooler product can therefore be considered “proven technology” in the refrigeration
field. This achievement was made possible because of the design strategy adopted by LUVE,
consisting of the utilization of high performance heat transfer surfaces and of miniaturized
geometries (small diameter tubes) even for large heat exchangers.

Figure 5: COOP WETTINGEN - Zurig - Switzerland Gas cooler CO2.SHVDT 696 CO2 (2004)
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6. EMERITUS
EMERITUS® is the latest innovation developed for the range of condensers, dry coolers and gas
coolers manufactured by LU-VE Exchangers. This new technological advance (patent pending)
brings together the benefits of spray systems and adiabatic pre-cooling. A sophisticated control
system maximizes the effects of these combined systems.
The specific features of this product make it especially suitable for use in air conditioning and
refrigeration. When EMERITUS® is applied to CO2 gas coolers, high system COP can be reached
even during the hottest hours of the year. This means that the “CO2 equator” can be redrawn,
extending the geographical area where trans-critical systems can be cost-effectively constructed.

Figure 6: Emeritus® technology

The ability to use just the adiabatic system in the absence of a water treatment plant is a further
example of its versatility. The graph shows the performance levels of a gas cooler with Adiabatic
Panel technology compared with a traditional dry system. The technology with adiabatic system
shows clearly superior performance. At equal capacity, it is possible to bring the CO2 outlet
temperature down from 40°C to 30°C. A reduction of 10 K of the CO2 has a positive consequent
impact on the COP of the system. In a comparison made at equal conditions (the same capacity,
the same evaporation temperature, etc.), a COP increase of 69%* was obtained (*hypothesis of a
simple cycle with evaporation temperature of -8°C. The COP goes from 1.31 (temp. Tout CO2 gas
at 40°C) to 2.21 (T.out CO2 gas at 30°C)).

Figure 6: Comparison of gas cooler capacity ADIABATIC SYSTEM vs DRY
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Figure 7: EMERITUS® 2017 - France – Gas cooler with adiabatic system

7. CONCLUSIONS
The applications of CO2 in the refrigeration industry could shortly become an important reality. From
the heat exchanger point of view, the utilization of CO2 poses some problems (greater operating
pressures) but also offers notable opportunities, especially in the most difficult design case of the
gas coolers. We have seen that reductions of the airflow and of the coil front area can be achieved,
at equal capacity and with very small final ∆T values (this last being an essential parameter for
obtaining a good COP of the cycle). It brings about lower fan consumption, smaller size and some
production cost savings, counterbalanced by the increased use of copper resulting from the thicker
tube walls and headers. The fin-and-tube geometries used for conventional fluids are perfectly
adequate to CO2 application, in the case of LU-VE production which has for many years
concentrated on small diameter tubes even for large units.
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ABSTRACT
In Japan, from 2011 to 2016, risk assessment of each type of equipment using A2L refrigerant was
carried out and JRAIA standard which prescribed safe operating method was created, resulting in the
relaxation of law was realized. In order to respond to demand in recent years to further lower GWP,
risk assessment of built-in refrigerated display cabinet using R290 was carried out. CFD analyses on
refrigerant leakage from inside or outside the refrigerated space of each type of refrigerated display
cabinet was carried out, flammable volume was calculated, potential ignition sources were investigated,
and ignition probability was calculated. Risk assessments were carried out at each stage of
transportation, storage, installation, usage, service, and disposal. In this paper, the contents of the
study and the safety operation method created as a result are summarized.
Keywords: CFD, Display Cabinet, Flammability, R290

1. INTRODUCTION
The use of A2L refrigerants for HVAC&R products was investigated in Japan from 2011 to 2016. Risk
assessments of the products have been carried out, e.g. Yajima et al. (2016), to establish methods for
ensuring the safe use of the products using A2L refrigerants, resulting in the relaxation of relevant
regulation and followed by product launches in Japanese market. However, further reduction of GWP
are expected in response to the Kigali Amendment to the Montreal Protocol. In view of the development,
the Japan Refrigeration and Air Conditioning Industry Association (JRAIA) has been carrying out the
risk assessment for built-in refrigerated display cabinets using R290 by using CFD analysis on
refrigerant leakage from inside or outside the cabinet’s refrigerated space.
CFD analysis results on refrigerant leakage from inside the refrigerated space of the reach-in
refrigerated display cabinet was examined in the previous paper by Yamashita et al. (2018). In this
paper, the duration of flammable region and the mean flammable volume obtained by CFD analysis
for each refrigerated display cabinet were formulated. The investigative findings on the characteristic
ignition sources in the stages of usage and working are shown, and the methods for ensuring safe
operation are explained.

2. RISK ASSESSMENT
Ignition probability is calculated by multiplying the temporal encounter probability representing the time
rate of contacting between the ignition source and the flammable region, spatial encounter probability
representing the spatial distribution of the flammable region and the refrigerant leakage probability.
Flammable region is the area where refrigerant concentration is between the lower flammability limit
(LFL) and the upper flammability limit (UFL). Flammable volume is the volume of the flammable region.
Time when flammable region exists is the duration of the flammable region. Temporal encounter
probability is calculated by using the duration of the flammable region, the duration of the ignition
source and the frequency of the ignition source. Spatial encounter probability is calculated by dividing
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the mean flammable volume by the volume of the target space. The duration of flammable region and
the mean flammable volume are determined by CFD analysis. The ignition probability is obtained by
calculating the weighted average of the ignition probabilities for the two cases of fan operation and of
fan stoppage (e.g. due to system failure) by operating rate.

3. CFD ANALYSIS OF REFRIGERANT LEAKAGE
CFD analysis was carried out with STAR CCM+ using the Realizable k-e model. The subject refrigerant
is R290, and the values at 25 °C in atmospheric pressure calculated by REFPROP Ver. 8.0 are used
as its physical properties. The value 1.12´10-5 (m2/s) is used as the diffusion coefficient of R290, 2.1
(vol%) and 9.5 (vol%) are used as LFL and UFL values, respectively. Leakage analysis was carried
out for reach-in, horizontal and vertical open refrigerated display cabinets. Analysis models and
calculation results of the reach-in refrigerated display cabinet and the horizontal refrigerated display
cabinet are shown below. Validity of the results of CFD analysis has been verified by comparison of
measuring and simulation of R32 leak from an air conditioner indoor unit.
3.1.

Analysis of Reach-in Refrigerated Display Cabinet at the time of Refrigerant Leakage

3.1.1. Analysis Model for Refrigerant Leakage
Because flammable region in the shop becomes the largest when the door is fully opened rapidly after
refrigerant leakage inside the refrigerated space of the reach-in refrigerated display cabinet, CFD
analyses were carried out for this case. The CFD model of the reach-in refrigerated display cabinet is
shown in Fig. 1. The display cabinet has 1.08 m3 of refrigerated volume, and its external dimensions
are 2.0 m in height, 1.542 m in width, 0.7 m in depth. The condensing unit consists of a compressor,
a condenser and a fan installed in the lower part of the display cabinet. Air inlet of the condensing unit
is located on the bottom-front, from which air passes through the rear side and is exhausted from the
top of the display cabinet. Area of the air inlet opening is set to 8.3×10-2 m2, and the air flow rate is
varied from 0 to 0.249 m3/s, which corresponds to air velocity of 0 to 3 m/s. The display cabinet is
assumed to be installed at the center of a wall of a
0.7
0.107
shop with square-shaped floor. Both without and with
the down flow air curtain from the top-front of the
1.328
Door (2 sheets)
refrigerated space have been considered in this study.
0.107
(opening
CFD analysis assumed that the front doors are
in CFD)
opened rapidly after the refrigerated space was filled
with leaked refrigerant. Calculation was started from
2.0
the state in which the refrigerant is distributed
Front
uniformly in refrigerated space, followed by refrigerant
leakage from the front of the display cabinet assuming
Rear
that there is no door. The air velocity of the air curtain
is set to 2.08 m/s and the air flow rate is 0.137 m3/s.
0.2775
CFD analyses were carried out for cases with the floor
area of 17.14 m2, 24.01 m2, 36.00 m2, 64.00 m2 and
Inlet air
100.00 m2 while the refrigerant amount was varied
Opening area
from 0.358 kg to 0.500 kg. The dimensions of the shop
0.09
were set to 4.14 m×4.14 m, 4.9 m×4.9 m, 6.0 m×6.0
Condensing unit [Unit: m]
m, 8.0 m×8.0 m and 10.0 m×10.0 m, respectively. The
Figure 1: CFD model of reachceiling height of the shop was set to 2.2 m.
in refrigerated display cabinet
3.1.2. Calculation Results of at the time of Refrigerant
Leakage from Inside of Refrigerated Space
Since there are several types of reach-in refrigerated display cabinet with different air flow pattern in
refrigerated space, e.g. top-face-forward discharge and bottom-front suction type refrigerated cabinet
(air curtain type system), and top-rear discharge and upper-front suction type refrigerated cabinet, risk
assessment by JRAIA is based on the worst-case scenario of having no air curtain, and the values
with and without the condensing unit fan are used as values representing cabinet operation and
stoppage, respectively. Fig. 2 and Fig. 3 show the results of analysis of the duration of the flammable
region and the mean flammable volume without air curtain. The figures show the case without air
curtain, and with the air flow rates of 0 m3/s and 0.208 m3/s, respectively. In the figures, the horizontal
axis shows the value obtained by dividing the refrigerant amount by the floor area
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Refrigerant amount (M)
• 0.500 kg
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Figure 2: Calculation results for a reach-in refrigerated display cabinet without air curtain at air flow rate of 0 m3/s
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Figure 3: Calculation results for a reach-in refrigerated display cabinet without air curtain at air flow rate of 0.208 m3/s

0

inside the shop. Both the duration of flammable region and the mean flammable volume can be
expressed as a function of the value M/A obtained by dividing the refrigerant amount by the floor area
inside the shop. The obtained least squares approximate equations are expressed by Eq. (1) to Eq.
(4) and shown as solid lines in Fig. 2 and Fig. 3, respectively. In the case of leakage inside a reach-in
refrigerated display cabinet, the flammable region outside of refrigerated space did not disappear even
when the air flow rate of condensing unit was increased.
Tv = 4.53´105´(M/A)2-5.01´103´(M/A)+1.54´101 (air flow rate ; 0 m3/s)
(air flow rate ; 0 m3/s)
Vv = 1.36´102´(M/A)+1.21
1
-1
(air flow rate ; 0.208 m3/s)
Tv = 3.56´10 ´(M/A)+7.61´10
1
(air flow rate ; 0.208 m3/s)
Vv = 1.96´10 ´(M/A)+1.02

Eq. (1)
Eq. (2)
Eq. (3)
Eq. (4)

3.1.3. Refrigerant Leakage from Condensing Unit
As a result of CFD analysis of refrigerant leakage from a condensing unit at the bottom of reach-in
refrigerated display cabinet, the duration of the flammable region was almost the same in value as the
horizontal refrigerated display cabinet described later and mean flammable volume was about half of
the value of horizontal refrigerated display cabinet, when the air flow rate of condensing unit was 0
m3/s. CFD analysis showed clearly that the influence of the difference in the leak rate on the generation
of flammable region is small when condensing unit is at the bottom of the refrigerated display cabinet.
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Since the area of lower opening of a reach-in refrigerated display cabinet where refrigerant leakage
occurred was half of that of the horizontal refrigerated display cabinet, the mean flammable volume
was likewise halved. If the airflow rate of the condensing unit was increased, the flammable region was
not generated outside of the refrigerated display cabinet in the case of refrigerant leakage from outside
of the refrigerated space.
3.2.

Analysis of Refrigerant Leakage in the Open Refrigerated Display Cabinet

3.2.1. Analysis Model for Refrigerant Leakage from the Condensing Unit of a Horizontal Refrigerated
Display Cabinet
CFD analyses were carried out for refrigerant leakage from the condensing unit at the bottom of a
horizontal refrigerated display cabinet. The CFD model for the horizontal refrigerated display cabinet
is shown in Fig. 4. The external dimensions of the display cabinet are 0.81 m in height, 1.8 m in width
and 1.09 m in depth. The condensing unit consists of a compressor, a condenser and a fan installed
in the lower part of the display cabinet. Air is sucked from one side of the condensing unit and
exhausted from another side. Area for both air inlet and outlet openings is set to 6.89×10-2 m2 (0.733
m×0.094 m), and the air flow rate was varied from 0 to 0.207 m3/s, which corresponds to air velocity of
0 to 3 m/s. The display cabinet is assumed to be installed at the center of a square-shaped shop floor.
The refrigerant concentration at the opening of the condensing unit was changed as 100%, 70% and
30% when the air flow rate is 0 m3/s, and the concentration is set as calculation value when the air flow
rate was over 0 m3/s. When the air flow rate is 0 m3/s, the refrigerant was leaked evenly from both air
inlet opening and air outlet opening. The refrigerant was leaked from the air outlet opening when the
air flow rate was over 0 m3/s. The leak rate was set to the value at which the total refrigerant amount
was leaked in 4 minutes. CFD analyses were carried out for the cases with the floor area of 15.21 m2,
24.01 m2, 36.00 m2, 64.00 m2 and 100.00 m2 while refrigerant amount is 0.500 kg. The dimensions of
the shop were set to 3.9 m×3.9 m, 4.9 m×4.9 m, 6.0 m×6.0 m, 8.0 m×8.0 m and 10.0 m×10.0 m,
respectively. The ceiling height of the shop is set to 2.2 m.
1.8

1.09

0.517

0.293
0.79
Air inlet opening (0.733´0.094)
Air outlet opening (0.733´0.094)
[Unit: m]
Figure 4: CFD model of horizontal refrigerated display cabinet
1.627

3.2.2. Calculation Results for Refrigerant Leakage from the Condensing Unit of a Horizontal Refrigerated
Display Cabinet
Fig. 5 shows the results of analysis of the duration of flammable region and the mean flammable
volume when air flow rate of the condensing unit of a horizontal refrigerated display cabinet is 0 m3/s.
Its horizontal axis shows the value obtained by dividing the refrigerant amount by the area inside the
shop. Both the duration of flammable region and the mean flammable volume can be expressed as a
function of the value M/A obtained by dividing the refrigerant amount by the area inside the shop. The
obtained least squares approximate equations are expressed in Eq. (5) and Eq. (6) and as solid lines
in Fig. 4 and Fig. 5, respectively. If the airflow rate of the condensing unit was increased, flammable
region was not generated outside of the refrigerated display cabinet at the time of refrigerant leakage
from outside of the refrigerated space.
Tv = 4.41´105´(M/A)2-1.42´103´(M/A)+3.94
Vv = 8.90´101´(M/A)+2.58

(air flow rate ; 0 m3/s)
(air flow rate ; 0 m3/s)
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Figure 5: Calculation results for a horizontal refrigerated display cabinet at air flow rate of 0 m3/s
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3.2.3. Refrigerant Leakage from Inside the Refrigerated Space of an Open Refrigerated Display Cabinet
Since air curtain is formed in the upper opening of a horizontal refrigerated display cabinet and built-in
refrigerated display cabinet has a small refrigerant amount, almost of the refrigerant leaked inside of
refrigerated space does not leak out of the refrigerated space.
As a result of CFD analysis for refrigerant leakage from inside of a vertical refrigerated display cabinet,
a slight flammable region was generated outside the refrigerated display cabinet when there was no
airflow outside the refrigerated display cabinet. However, there was nearly no formation of a flammable
region outside the refrigerated display cabinet, even with little airflow, when there was a condensing
unit at the bottom.
3.2.4. Refrigerant Leakage from the Condensing Unit of a Vertical Refrigerated Display Cabinet
Behaviour at the time of refrigerant leakage from condensing unit at the bottom of a vertical refrigerated
display cabinet is the same as in the condensing unit of a reach-in refrigerated display cabinet.

4. CALCULATION OF THE IGNITION PROBABILITY AND SAFETY MEASURES
4.1.

Equations for calculating Ignition Probability

Temporal encounter probability representing the time rate of contacting between the ignition source
and the flammable region is calculated by using Eq. (7), based on the theory of geometric probability,
Okabe (2010), using the total time of the target stage, the duration of the flammable region, the duration
of the ignition source and the frequency of the ignition source. The coefficient k is a coefficient
representing the abundance ratio of the ignition source, dissemination rate of the electric equipment,
or the degree of concentration when operation of the ignition source concentrates in a certain time
zone. Spatial encounter probability is calculated with Eq. (8), using mean flammable volume and
volume of target space. Ignition probability is calculated with Eq. (9) by using the temporal encounter
probability, the spatial encounter probability and the refrigerant leak probability.
Pt = k´[1-{1-(Ti+Tv)/Ta}n]
Ps = Vv/Va
P = Pt´Ps´PR

Eq. (7)
Eq. (8)
Eq. (9)

Assuming the allowable level of ignition probability is on the level of a serious accident occurring once
every 100 years, the allowable level was set to 5.26×10-9 by using 1.9 million units which is the number
in operation in the market. Also, since the work is carried out by experts, the allowable level at the time
of work was set to 5.26×10-8 which is 10 times the value for usage.
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4.2.

Calculation of Ignition Probability at the Usage Stage and Safety Measures

Ignition probability for convenience stores was investigated. Table 1 shows the main ignition sources
assumed at the usage stage. Occurrence probability of static electricity was set to 18.2 %, with
attention to change in humidity through the year. It is assumed that ignition does not occur if air is
flowing around the brush motor at velocity exceeding the burning velocity of the refrigerant.
Additionally, ignition accidents involving electrical equipment were also taken into consideration,
based on survey data of the National Institute of Technology and Evaluation (NITE). The air flow rate
of the condensing unit of refrigerated display cabinet was assumed to be set at the air flow rate at
which flammable region does not generate. Regarding leakage outside the refrigerated space, it is
assumed that no flammable region is generated during operation, but flammable region is generated
during stoppage, for defrosting or due to system failure. The duration of the flammable region and
the mean flammable volume were calculated with Eq. (5) and Eq. (6), respectively. As for the
refrigerant leakage from inside refrigerated space of a reach-in refrigerated display cabinet, Eq. (3)
and Eq. (4) were used to calculate the duration of the flammable region and the mean flammable
volume at operation, and Eq. (1) and Eq. (2) were used for cases of stoppage. The area inside the
shop and refrigerant amount of each refrigerated display cabinet are set to 84.7 m2 and 0.5 kg,
respectively. M/A is set to 0.0059 in Eq. (1) through Eq. (6). It is assumed that no flammable region
is generated outside the refrigerated space at the time of refrigerant leakage from inside of the
refrigerated space. Calculation of refrigerant leakage probability in usage was based on the survey
results of refrigerant leak accidents in the market involving built-in refrigerated display cabinets
manufactured by JRAIA member companies. The refrigerant leak probability was set for the burst
leak to 5.26×10-7, for the rapid leak to 1.89×10-5, for the slow leak to 9.82×10-4, and for the total
refrigerant leak to 1.00×10-3.
As a result, the ignition probability exceeded the allowable value, and fell the allowable value or less
by taking the safety measures shown in Table 2.
Table 1. Ignition sources assumed at the usage stage
Name
Coffee machine

Type
Electric spark

Ti (sec)
5´10-3

n
186

Switch of deep frying machine

Electric spark

5´10-3

10

Chinese-style buns steamer

Electric spark

5´10-3

10

Heating appliance for “Oden”

Electric spark

5´10-3

10

Power outlet

Electric spark

5´10-3

4

Light switch
Static electricity (door of reachin refrigerated display cabinet)
Static electricity (exterior of open
refrigerated display cabinet)

Electric spark
Electrostatic
spark
Electrostatic
spark
Electrostatic
spark
Electric spark
Open flame

5´10-3

4

Note
Relay operates when selling
Cooking every 4 hours in
span of 20 hours
Cooking every 4 hours in
span of 20 hours
Cooking every 4 hours in
span of 20 hours
Plugging/unplugging twice
day for cleaning
Switch on/off twice a day

1´10-6

44

Taking out iced coffee

1´10-6

22

Shoppers touch metallic parts

1´10-6

22

5´10-3
5

144
5

Open flame

3.6´104

1

Static electricity (other doors)
Brush motors of other equipment
Electronic lighter
Combustion type boiler

a
a
a
a

Assumed to share the same
value as above
Turn on 6 times in a hour
Five people trying ignition in a day
Use 10 h in a day.
Dissemination rate of 0.01%

Table 2. Safety measures for usage stage
Stage
Safety measures
Usage The fan of the condensing unit is operating even while defrosting.
The air flow rate of the condensing unit is set to a specified value or higher
Equipped with the function of detecting refrigerant leakage into the refrigerated space of reach-in
refrigerated display cabinet, function of triggering warning not to open the door or function of
shutting off the refrigerant leakage into the refrigerated space in case of refrigerant leakage.
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4.3.

Calculation of Ignition Probability at Various Working Stage and Safety Measures

In the various working stages, such as transportation, storage, installation, repair and disposal, ignition
sources were assumed and the ignition probabilities were calculated. Table 3 shows the main ignition
sources assumed at each stage. Transportation on a minivan with an internal volume of 3 m3 was
assumed as the transportation stage. Storage was assumed to be in a medium-sized warehouse of
1000 m2 or a small-sized warehouse of 15 m2 in storage stage. For installation, repair and disposal,
ignition sources described in Table 1 were considered in addition to the ignition source at the time of
work since such work is carried out while using the equipment in the shop. The probability of static
electricity occurrence was set to 18.2 %, considering the changes in humidity through the year. As for
the refrigerant leakage probability, the value was calculated for each stage by using the value of human
error or similar. The duration of the flammable region and the mean flammable volume were calculated
with Eq. (3) and Eq. (4) for the value at the time of leakage inside the refrigerated space, and Eq. (5)
and Eq. (6) for the value at the time of leakage outside the refrigerated space.
Table 3. Ignition sources assumed at each working stage
Name

Type

Ti (s)

n

Open flame

4.5´101

1 per 1
hour

1.0´10-6

2

1.0´10-6

1 per 1
person

1.0´10-6

1 per 1
person

Open flame

7.2´102

1

-

-

-

Power outlet

Electric spark

5.0´10-3

2

Electric screwdriver

Brush motor

3.0

10

1.0´10-6

10

1.2´102

4

Common;
Smoking by workers

Transportation (minivan)
Static electricity when
Electrostatic
opening / closing door
spark
Static electricity when
Electrostatic
undressing
spark
Storage (small-sized warehouse)
Electrostatic
Static electricity
spark
Oil heater
Install, repair or disposal
Ignition source in usage

Static electricity
Burner for brazing

Electrostatic
spark
Open flame

Note
Cigarette smoked: 1 stick/person/h;
ignition time with lighter: 5 sec; duration
of high cigarette temperature: 40 sec;
smoking rate: 28.2%
2 hrs, 2 workers
Opening and closing: 2 times
Acrylic sweater: 1 time per person;
usage ratio 25%
2 h, 2 workers, 15 m2
Contact with worker (reuse, without
cover)
Usage of 120 days per year; usage
rate of oil heater 25%
1 to 4 hrs, 1 to 2 workers
See Table 1
Plugging/unplugging; Occurrence
rate 25%
Opening/closing
screws;
occurrence rate 50%
Contact with display cabinet,
occurrence rate 33.3%
2 min ´ 2 places

Table 4. Safety measures for working stage
Stage
Transportation (for
minivan
transportation only)
Storage
Installation
Repair
Disposal

Safety measures
Caution regarding opening windows or turning air conditioner to external air pulling
mode before smoking
Using a portable leak detector and ventilating after detection of leakage
Use of work gloves to prevent electrostatic discharge
Caution regarding the existence of ignition sources around the product
Use of work gloves to prevent electrostatic discharge
Caution regarding the existence of ignition sources during working
Use of work gloves to prevent electrostatic discharge
Using a portable leak detector and diffusing refrigerant to the surroundings at the
time of leakage (e.g. electric fan, paper fan)
Use of work gloves to prevent electrostatic discharge
Caution not to unplug the power line from the outlet before turning off the breaker
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As a result, the ignition probability exceeded the allowable value at all stages, and fell the allowable
value or less by taking the safety measures for each stage shown in Table 4.

5. CONCLUSIONS
For built-in refrigerated display cabinet using R290, CFD analysis of refrigerant leakage from inside or
outside of refrigerated space of each display cabinet were carried out, and risk assessments at the
stages of usage and working were carried out by using the CFD results. This led to the clarification of
methods to ensure safe operation of the equipment.
(1) Flammable region was generated outside of the refrigerated space when the door was opened
suddenly after all refrigerant leaked in the reach-in refrigerated display cabinet. Equations were
introduced to calculate the duration of the flammable region and the mean flammable volume
without air curtain and with or without air flow of the condensing unit.
(2) Equations were introduced to calculate the duration of the flammable region and the mean
flammable volume with or without air flow of the condensing unit in case of refrigerant leakage from
the condensing unit of the horizontal refrigerated display cabinet.
(3) Flammable region was not generated when the air flow rate was set to a specified value or higher
at the time of refrigerant leakage from condensing unit.
(4) Risk assessments were carried out by identifying the ignition sources at the stages of usage and
working for a convenience stores. The ignition probability at the usage stage did not exceed the
allowable value by taking safety measures, such as the product function enabling the fan of the
condensing unit to keep operating even while defrosting, the function of detecting refrigerant
leakage into the refrigerated space of reach-in refrigerated display cabinet and the function of
triggering warning not to open the door or the function of shutting off the refrigerant leakage into
the refrigerated space at the time of refrigerant leakage. The safety measures at each stage of
working were also clarified.
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NOMENCLATURE
A
M
P
Ps
Ta
Tv
Vv

2

shop area (m )
refrigerant amount (kg)
ignition probability
spatial encounter probability
total time of target stage (s)
duration of flammable region (s)
mean flammable volume (m3)

k
n
PR
Pt
Ti
Va

coefficient
frequency of ignition source
refrigerant leak probability
temporal encounter probability
duration of ignition source (s)
volume of target space (m3)
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ABSTRACT
The Revolving Vane (RV) compressor achieves improved mechanical efficiency over existing
compressor designs through the use of a rotating cylinder that helps reduce relative rubbing velocity
with the rotor. As a result, the discharge valve rotates due to the rotation of the cylinder, since the
valve is mounted on the cylinder. This paper presents a theoretical investigation on the dynamic
behaviour of a non-uniform width reed-type discharge valve undergoing rotary motion. Finite element
modelling of the valve reed vibration will be shown and the transient response of the valve under
centrifugal and pressure forces is analysed. Results show that the valves’ performance and reliability
depend significantly on the rotational speed.
Keywords: Modelling, Discharge valve, Rotary compressor, Revolving vane, Design.

1. ROTATING DISCHARGE VALVE OF REVOLVING VANE (RV) COMPRESSOR
The revolving vane (RV) compressor design was first introduced by Teh and Ooi (2009) as a more
mechanically efficient compressor alternative to the rolling-piston compressor. In its basic form, the
RV compressor is made up of a rotor, a vane and a cylinder, as shown in Fig. 1. The vane is attached
to the cylinder via a pin-joint and is allowed to slide within the vane slot in the rotor. The vane divides
the working chamber into the suction and compression chambers. The rotor and cylinder are both
supported individually and concentrically on two journal bearings, where they rotate about their
respective axis while keeping a virtual line of contact between the rotor and the cylinder. This
simultaneous rotation of both the cylinder and rotor in RV compressor helps reduce relative endface
rubbing between both components, by reducing their relative rubbing velocity. During the operation,
the cylinder rotates the vane which in turns rotates the rotor. This rotational motion causes the
volumes bounded by the vane, cylinder wall and rotor to vary; resulting in suction, compression and
discharge of the working fluid.

Figure 1: Schematic diagram of RV compressor.

The discharge process of the RV compressor is regulated by a discharge valve reed. However, as
the discharge valve reed is mounted on the outer surface of the rotating cylinder (Fig. 2a), the valve
rotates together with the cylinder during operation. Consequently, the valve is subjected not only to
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the net pressure loading from both sides of the valve but also centrifugal and Coriolis forces. As the
dynamic response of the reed dictates the discharge process, which in turn, affects the efficiency of
the compressor, it is thus important to investigate the effects of rotation which influences the
operation of the reed valve, on the overall performance of the compressor.

Figure 2: (a) Position and orientation of discharge valve on the radial surface of the cylinder; (b)
sectional view of the discharge valve.

To date, a study on the dynamic response of the valve reed subjected to forced excitation with
additional dynamic effects due to rotational motion has been carried out by Teh et al. (2009).
However, the study was performed on a uniform cross-section rectangular valve reed which only
focuses on the effect of the rotational velocity on the valve’s response. Since the reed with a nonuniform width is often employed in practice, in this paper, a non-uniform width valve reed is studied.
Effects of various parameters on the valve’s performance will be presented, assessed and
discussed.

2. THEORETICAL MODEL
Fig. 2a shows the valve orientation relative to the rotating cylinder. In this orientation, the Coriolis
force affects the flexural and torsional vibrations. However, based on the results from Teh et al.
(2009), the effect of Coriolis force on valve deflection is found to be negligible as the flexural rigidity
at its lateral axis is much smaller than its flexural rigidity at the vertical axis and, is also smaller than
its torsional stiffness at the longitudinal axis (Fig. 3) and thus, the deflection of the valve is dominated
by the flexural deformation at the lateral axis.
Lateral Axis

Cylinder Rotational Axis

(Longitudinal Axis)

Vertical Axis

Figure 3: Different possible deformation axes of a rotating valve reed.

The free body diagram of a valve element of an arbitrarily shaped valve plate is presented in Fig. 4
and is modelled as a clamped-free cantilever beam. With Coriolis force neglected, the general
governing force balanced equation of transverse vibration of an arbitrarily shaped valve is given as:
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Figure 4: Free body diagram of infinitesimal element along the valve.

in which the first to third term on the left-hand side of Eq. (1) represent the internal shear force, gas
damping force and external pressure force respectively while the first and second term on the righthand side of Eq. (1) represent the linear and centripetal acceleration respectively. Considering
principle of superposition for transverse vibration, the valve deflection is assumed to take on the form
of series of separable variable shape functions (Meirovitch, 2001):


y ( x, t ) =  Yn ( x)  n (t )

Eq. (2)

n =1

As the mode shapes are invariant under free or forced vibrations, the homogeneous part of Eq. (1)
is first to be addressed which yields Eq. (3) via method of separation of variables:
d 2Yn ( x) 
d n (t )
1
1 d 2 n (t )
d2 
c
2
−
= n2 Eq. (3)
EI ( x)
= −
2 
2
2
 A( x)Yn ( x) dx 
 n (t ) dt
 A( x) n (t ) dt
dx

By rearranging the left-hand side of Eq. (3) to yield Eq. (4),
d 2Yn ( x) 
d2 
2
EI
(
x
)

 = n  A( x)Yn ( x)
dx 2 
dx 2 

dYn
d 2Y
d 3Y
= 0 & at x = L, 2n = 0, 3n = 0
dx
dx
dx
2
dY
d Y
Hitting stop plate (clamped-pinned): at x = 0, Yn = 0, n = 0 & at x = L, Yn = 0, 2n = 0
dx
dx
Eq. (4)
It can be observed that the mode shapes, Yn , are orthogonal in nature, considering the clamped-free
During valve lift-off (clamped-free): at x = 0, Yn = 0,

or clamped-pinned boundary conditions during valve lift-off and valve hitting of stop plate scenarios
respectively:



L

0

0, if m  n
1, if m = n

 A( x)YnYm dx = 

Eq. (5)

However, Eq. (4) is a non-linear fourth-order partial differential equation since the cross-sectional
area and second moment of area of the valve reed are both non-uniformly distributed parameters,
making closed-formed exact solution to Eq. (4) impossible. The approximated mode shapes, Yn , are
obtained using Finite Element Method.
2.1.

Finite Element Method

The Finite Element Method is an approximation method where the stiffness and mass properties of
all individual elemental parts of a structure which is the valve reed here, are assembled to form the
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overall stiffness matrix, K and mass matrix, M. The array of individual elements’ displacement of free
vibration or nodal displacements vector, a , is obtained by solving an eigenvalue problem from
Rayleigh’s quotient:
Eq. (6)
K a =  2M a
With the nodal displacements obtained, the mode shapes function, Yn are approximated by
polynomial functions of fourth-order or higher using multiple linear regression method. The
approximated eigenvalues of Eq. (6) are the natural frequencies, n , but due to the nature of
excitation of the valve, only the first mode shape corresponding to the lowest natural frequency or
eigenvectors associated to 1 are considered in this paper.
Different boundary conditions when the valve departs from the valve seat and when it hits and
departs from the valve back plate, are considered to obtain different valve mode shapes. When the
valve reed was first in clamped and free conditions during initial valve lift, the first and last individual
element matrices expressed in Eq. (7) are imposed when solving the eigenvalue problem Eq. (6),
assuming constant EI over each individual element:
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Eq. (7)
During the impact with the valve stop, the valve reed was in the clamped and pinned conditions and
the first and last individual element matrices are expressed in Eq. (8), assuming constant EI over
each individual element:

12
L  −6
12
3
EI k k 
Kk =
6
3
L 
 6
K1 =

2.2.

EI1 k
3

3

−6 
4
6

156 −22 
4 
420k  −22
156 22 −13
mk L 
Mk =
22
4
−3 

420 k 
 −13 −3 4 

M1 =



6

4

2

2

4 



m1 L

Eq. (8)

Numerical Iteration of Mode Participation Factor

To solve for the time-variant factor or mode participation factor that is dependent on external
excitations, fourth-order Runge-Kutta numerical iterative method (RK4) has to be applied on Eq. (9).
Eq. (9) is obtained by multiplying Yn throughout Eq. (1), integrating the equation over the length of
valve and applying orthogonality of Yn (Eq. (5)):
L
L
d 2 n
d
=  P( x, t ) wYn dx +  2 R   A( x)Yn dx − c n
2
0
0
dt
dt



L

0

Yn 2dx + ( 2 − n 2 ) n

Eq. (9)
Eq. (9) is solved simultaneously with the thermodynamic relations (Ooi, 2004) via RK4 iteration as
the external pressure force that affects the valve’s dynamic response is dependent on the pressure
variation of the compression chamber of the RV compressor.

3. RESULTS AND DISCUSSION
3.1.

Effect of rotational motion on valve response

Before conducting parametric studies on the effects of dimensions and shapes of the valve reed, it
is necessary to first examine the dynamic response of the valve reed under the influence of the
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centrifugal effect, as the valve rotates together with the cylinder. All the cases studied are based on
properties prescribed in Table 1. To investigate the effect of centrifugal force on the response of the
valve caused by the rotational motion of the compressor, a comparison is made between the
deflections of a rotating and a non-rotating valve reed. A thin metal plate having the dimensions
prescribed in Table 2 is employed as the reed for the discharge valve.
Fig. 5 shows the dynamic responses of the reed when the compressor operates at 3000 rpm for both
rotating and non-rotating reed conditions. It can be observed that the magnitude and number of
oscillations of the rotating reed is smaller than that of the non-rotating one. The higher occurrence
of fluttering of the non-rotating reed results in higher pressure oscillations when the rotational angle
is between 260° to 360°. In addition, the rotating valve opens earlier during the discharge process,
hence resulting in noticeably lower over-compression losses.
The earlier opening of the rotating reed is attributed to the centrifugal force which is an additional
force that pulls the reed radially outwards, away from its seat. Similarly, when the reed tends to close,
the centrifugal force acts as a force to counter the tendency to close under the valve’s own stiffness,
and hence reduces the chance of the valve reed to fully close during the entire discharge process,
therefore reducing the magnitude and frequency of the valve and pressure oscillations. As a result
of the centrifugal force, it is also observed that the rotating valve is unable to close completely at the
end of the discharge process. This effect is more pronounced when the rotational speed of the
compressor increases, causing the centrifugal force on the valve reed to increase. This incomplete
valve closure at the end of the discharge process will result in reversed flow and lower the volumetric
efficiency of the compressor. Although the centrifugal force reduces over-compression losses, it may
lower the volumetric efficiency. This calls for an appropriate design of the rotating valve to take
advantage of its centrifugal effects while at the same time reduces its negative impact on compressor
performance.
Table 1. Operating conditions of RV compressor and material properties of valve reed.

Radial distance from rotational axis, R

55 mm

Working Fluid of RV compressor
Discharge Port Diameter
Height of Valve Stop
Discharge Pressure, Pdisc (abs)

R32
12 mm
5 mm
3472.66 kPa

Density of valve plate
Elastic modulus, E

7800 kg m-3
210 Gpa

Table 2. Geometry and dimensions of valve reed.

Length, L (From tip to end)
Thickness
Number of elements defined, k

27 mm
0.405 mm
100

Length of interval between nodes
0.27 mm
st
th
Width of node 1 to node 50
12 mm
st
th
Width of node 51 to node 100
12.11,12.55,12.96,13.34,13.68,13.99,14.28,
14.54,14.63,14.99,15.18,15.35,15.50,15.63,
15.73,15.82,15.90,15.95,15.98,16.00,16.00,
15.98,15.94,15.88,15.80,15.71,15.59,15.46,
15.31,15.13,14.93,14.72,14.47,14.21,13.91,
Neck of valve
13.59,13.24,12.86,12.44,11.98,11.48,10.94,
10.33,9.65,8.89,8.03,7.02,5.78,4.12,0.00 [mm]

Valve head exposed to pressure force
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0.006

4000

0.004

Pcom (kPa)

y (m)

0.005
0.003
0.002
0.001
0

240

280

3800
3600

Pdisc

3400
3200

with rotation
without rotation
200

with rotation
without rotation

320

360

3000

200

240

280

320

360

Rotational Angle, θ (º)
Rotational Angle, θ (º)
Figure 5: Comparison of valve deflections under rotating and non-rotating conditions. Solid line,
rotating valve; dashed line, non-rotating valve.

3.2.

Effect of geometry and dimensions of valve plate on valve response

In this section, parametric studies on the effect of valve dimension and shape on the vibrational
response are presented. From Eq. (9), it is observed that both damping force acting on the valve
and flexural rigidity of the valve reed (third and fourth terms of the right-hand side of Eq. 9) help to
counteract the effect of centrifugal force which prevents the valve from fully closing. It is expected
that by increasing the thickness and neck width of the reed and decreasing its length, it will be
stiffened to resist the outward pull from the centrifugal force and fully close the discharge port when
discharge process ends. Fig. 6 shows the comparison of the valve deflections of rotating reeds with
increased thickness, wider neck width and shorter length to that of Table 2’s reed. It has clearly
showed that with increased thickness and shortened length, the stiffened reed is able to close the
discharge port completely but with a compromise in increased discharge losses due to greater
pressure oscillations and over-compression. The valve with a wider neck width is observed to have
greater dampened oscillations with increased over-compression but it is unable to close the port
completely. This suggests that width of a reed affects the intensity of damping but does not
significantly affects its stiffness. A wider width will contribute to greater damping of oscillations but a
moderate increase in the reed stiffness. Overall, all the valves shown in Fig. 6 require a greater overcompression for initial valve lift-off for discharge process to occur due to increased stiffness. An
improved rotating reed should be sufficiently thickened and shortened such that it is stiffened to
overcome the centrifugal force while designed to have a wider neck to dampen the oscillations. A
bigger valve head should also be designed to increase the pressure force so as to reduce the overcompression during the initial valve lift-off.
thickness 0.505mm
thickness 0.405mm

Pcom (kPa)

3600

0.003

3400

0.0015

0.003
0.0015
length 18mm
length 27mm

0.003
0.0015
200

240

280

320

Rotational Angle, θ (º)

360

Pcom (kPa)

y (m)

width 50mm
width 12mm

0
0.0045

y (m)

Pdisc

thickness 0.505mm
thickness 0.405mm

3200

0
0.0045

0

3800

Pcom (kPa)

y (m)

0.0045

3000
3800
3600
3400

Pdisc

3200

width 50mm
width 12mm

3000
3800
3600
3400

Pdisc

3200
3000

200

240

length 18mm
length 27mm
280

320

Rotational Angle, θ (º)

360

Figure 6: Comparison of valve reed deflections of rotating reeds with different dimensions to that of
Table 2’s reed.
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Fig. 7 shows the dynamic response of an improved rotating valve reed having the dimensions
prescribed in Table 3. It is thickened and shortened with a wider neck and a bigger head. Although
the number and magnitude of valve fluttering has increased as compared to that of the valve reed
from Table 2, the valve reed does not require a greater pressure build-up for lift-off due to a larger
exposed area which leads to a stronger pressure force. Furthermore, it is sufficiently stiffened to
close the discharge port completely at the end of discharge process. Overall, the discharge loss of
Table 3’s valve due to over-compression is also similar to that of Table 2’s valve. However, it should
be noted that the dimension of the valve is designed to operate at a rotational speed of about 3000
rpm. Above 3000 rpm, it is predicted that the valve will be unable to close completely due to
centrifugal overloading and under-compression losses will dramatically increase. Below 3000 rpm,
valve fluttering will be severe due to the stiffer reed and weaker centrifugal force. To verify the
predictions, simulations are conducted at different operating speed as shown in Fig. 8. At 2000 rpm,
the number and magnitude of valve fluttering increase significantly. At 4000 rpm, the valve reed is
unable to close the discharge port completely.
Table 3. Geometry and dimensions of improved non-uniform valve reed.

Length, L (From tip to end)

25 mm

Thickness
Number of elements defined, k
Length of interval between nodes

0.48 mm
100
0.25 mm

Width of node 1st to node 100th
24,23.58,23.16,22.76,22.37,21.99,21.63,21.28,20.94,20.61,
20.30,20,19.72,19.46,19.20,18.97,18.75,18.54,18.36,18.18,
18.03,17.89,17.76,17.65,17.56,17.49,17.43,17.38,17.35,
17.33,17.33,17.34,17.37,17.41,17.46,17.52,17.59,17.68,
17.77,17.87,17.98,18.10,18.22,18.35,18.49,18.63,18.77,
18.92,19.08,19.23,19.36,19.49,19.60,19.69,19.77,19.84,
19.90,19.94,19.97,19.99,20,19.99,19.97,19.94,19.90,19.84,
19.77,19.69,19.60,19.49,19.36,19.23,19.08,18.91,18.73,
18.54,18.33,18.10,17.86,17.60,17.32,17.02,16.70,16.36,16,
15.61,15.20,14.76,14.28,13.77,13.23,12.64,12,11.30,10.54,
9.68,8.72,7.60,6.24,4.44,0.00 [mm]
0.006

3800

Pcom (kPa)

y (m)

0.004
0.003
0.002

0.001
0

0.006

240

280

320

3400

Table 3
Table 2

3200

360

200

250

300

0.006

2000 rpm
3000 rpm

0.003

0.002

350

4000 rpm
3000 rpm

0.005

y (m)

0.004

0.004
0.003
0.002
0.001

0.001
0

Pdisc

Rotational Angle, θ (º)
Rotational Angle, θ (º)
Figure 7: Comparison of valve deflections of valves from Table 3 and 2.
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Valve head exposed to
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Neck of valve
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Figure 8: Comparison of valve deflections at different operating speed using reed from Table 3.
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4. CONCLUSION
In this paper, the effect of rotational motion on the performance of a rotating valve reed has been
investigated. A parametric study on the effect of valve’s dimensions on the vibrational response has
also been conducted. Finite Element modelling of the modal shape of a non-uniform width valve reed
is presented and a mathematical model for the time-variant response of the rotating reed under
centrifugal and pressure forces is also formulated. Simulation comparisons between rotating and
non-rotating reeds have revealed that the centrifugal force from rotational motion has a ‘dampening’
effect of reducing valve fluttering and has helped reduce over-compression. However, if the rotating
valve is not sufficiently stiffened, the valve will not close the discharge port completely when
discharge process has ended as the centrifugal force constantly pulls the reed radially outwards
away from its seat. The parametric study done has shown that well-chosen dimensions of a rotating
reed can help reduce over-compression and sufficiently stiffened the reed to overcome the
centrifugal force in closing the discharge port completely. Overall, it can be concluded that the
rotational motion allows the usage of a stiffer and stronger valve reed in a compressor and can
enhance the performance as well as the durability of the valve reed if it is carefully designed for a
designated rotational speed. Beyond the designated rotational speed, the reed is unable to close the
port and its dimension must be re-designed. Below the designated rotational speed, severe overcompression will result.
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NOMENCLATURE

a

A
c
E
I
k
K
L
m
M
n
P
R

vector of nodal displacements (-)
t
2
cross-sectional area of valve reed (m )
V
coefficient of viscous damping (N s m -2)
w
elastic modulus of valve material (Pa)
x
second moment of area A (m4)
y
total number of finite elements defined (-) Y

stiffness matrix (-)
length of valve reed (m)

mass per unit length (kg m -1)


bending moment/mass matrix/ (Nm/-)

vibration mode (-)
pressure (Pa)
radial distance from cylinder axis to valve
com
position (m)
disc

time (s)
shear force (N)
width of valve (m)
distance along valve length (m)
valve deflection height (m)
mode shape/ valve displacement (m)
natural frequency of valve reed (rad s-1)
rotational angle of RV compressor (Deg)
density of valve material (kg m-3)
mode participation factor (-)
rotational velocity of compressor (rad s-1)
Subscripts
compression
discharge
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ABSTRACT
There is an inevitable frost phenomenon on the surface of evaporator when the air source heat pump
(ASHP) is operating for heating in cities which have cold and wet winter. And the frost formation will
decrease the Coefficient of Performance (COP) of ASHP. The used common defrosting modes for
ASHP consume the indoor energy, and make a negative effect on the indoor thermal comfort. The
super-hydrophobic technology on fabrication of super-hydrophobic surface is improved in this paper.
The super-hydrophobic aluminum-based surface with an average contact angle of 154.6° was
prepared by chemical etching and fluoroalkylsilane modification. An experimental system for frost
suppression was set up. The frosting and defrosting properties of super-hydrophobic aluminum
surface and conventional aluminum surface at temperatures ranging from 0 °C to –15 °C and wind
speeds ranging from 1 m/s to 3 m/s were studied. It is concluded that the super-hydrophobic surface
can effectively inhibit the formation of condensate droplets and frost layer, and has good drainage
property, and wind speed has little effect on the formation of frost layer. Results show that the frost
suppression performance of super-hydrophobic surface is obviously better than that of bare
aluminum surface. And the super-hydrophobic aluminum surface is more suitable for restraining frost
formation because of its preferable performance of retarding frost formation and drainage
characteristics.
Keywords: Air source heat pump, Super-hydrophobic surface, Frosting, Defrosting

1. INTRODUCTION
Most areas in the south of China are cold and humid in winter. Air source heat pump (ASHP) has
become the main heating mode for users in hot summer and cold winter areas because of its high
efficiency, energy saving, and without cooling water system, which can meet the demands of both
summer cooling and winter heating. There is an inevitable frost phenomenon on the surface of
evaporator when the ASHP is operating for heating in cold and wet winter. And the frost formation
will decrease the Coefficient of Performance (COP) of ASHP. The used common defrosting modes
for ASHP consume the indoor energy, and make a negative effect on the indoor thermal comfort.
However, when the ambient temperature is between –12.8 °C and 5.8 °C, and the relative humidity
is more than 67%, the frosting phenomenon of the outdoor evaporator of air source heat pump will
occur in varying degrees (Jing Shang and Fan, 1986). The existence of frost layer reduces the heat
transfer coefficient of heat exchanger surface. Moreover, with the increase of frost layer, the effective
spacing between fins becomes narrower and the air flow through heat exchanger decreases, which
seriously affects the operation of heat pump units and reduces the COP of units (Barrow, 1985;
Stoecker, 1957; Yao, et al., 2004). Therefore, some measures should be taken to defrost the outdoor
units of heat pump units to ensure the normal operation of the units. If we can find a fundamental
way to suppress frost, which will not affect the operation of heat pump system, but also delays or
inhibits the formation of frost, then the performance of air source heat pump will be greatly improved,
and the scope of application will be promoted (Di, 2017). In this paper, the surface of fins was
modified by super-hydrophobic treatment, and the frost suppression and defrosting characteristics
were studied by experimental methods.
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2. EXPERIMENTAL SETUP AND RESULTS ANALYSIS
The aluminum sheets used in the experiment were all 20 mm ×20 mm×2 mm. In this paper, the
aluminum sheets were roughened with 800#~1500# sandpaper until there were no obvious
scratches on the surface of the aluminum sheets. Ultrasonic cleaning of aluminum sheet was carried
out with acetone, methanol and deionized water. Then, the prepared 3.0 mol/L hydrofluoric acid and
4.0 mol/L hydrochloric acid were used to etch the aluminum sheet for 15 min and 10 min respectively.
After etching, ultrasonic cleaning and drying were carried out on the aluminum sheet. Modified with
1 wt% fluoroalkylsilane ethanol solution for 40 min, a super-hydrophobic surface with an average
contact angle of 154.6° was prepared (Li, et al., 2008). From Figure 1, it can be seen that there are
some nano-scale small convex platforms on the large convex platforms of micron scale in the
scanning electron microscopy of super-hydrophobic aluminum-based surface. The small convex
platforms overlap layer by layer to form a step-like distribution, which indicates that the superhydrophobic aluminum surface prepared by the experiment has formed a micro-nano dual structure.
Nano-scale step

Micron step

(a) Conventional aluminum
(b) Super-hydrophobic aluminum
(Magnify 20 thousand times)
Figure 1: Scanning electron microscopy of different aluminum-based surfaces

As shown in Figure 2, the whole frost suppression test system can be divided into two parts, the
thermo-electric cooler water cooling system (left part of red dotted line) and the variable air velocity
air supply system (right part of dotted line). The water cooling system of thermo-electric cooler is
composed of copper plate, semiconductor refrigerating sheet, water cooling head, temperature
control switch, circulating water pump and cooling water tank. The variable speed air supply system
is composed of centrifugal fan, acrylic duct, rectifier grid, fan speed controller and humidifying device.
The fan speed controller is used to control the air supply speed of the centrifugal fan. The rectifier
grille and yarn mesh homogenize the air speed at the cross section of the acrylic air duct. The
humidifying device is used to regulate the air supply humidity.

1 Circulating water pump
2 DC power supply
3 Temperature control switch
4 Copper plate
5 Acrylic duct
6 Rectifier gate 7 Yarn mesh 8 Centrifugal fan 9 Cooling water tank
10 Temperature sensor
11 Semiconductor refrigerator
12 Water-cooled head
13 Fan speed controller
14 Humidifier
Figure 2: Principle of frost suppression test system
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Through field measurement, it is found that the wind speed at the fin air inlet of the outdoor air source
heat pump in winter is between 1 m/s and 3 m/s. By adjusting the fan speed controller, the air supply
speed is set to 1 m/s, 2 m/s and 3 m/s respectively. After setting the wind speed, the copper plate
sticking to the aluminum sample and the thin film temperature sensor to be measured is placed
vertically at the central axis of the Acrylic wind pipe. By adjusting the temperature control switch, the
surface temperature of the copper plate is set to 0 °C. After that, the experimental temperature of
each group is lowered by 1 °C until it drops to –15 °C. The frosting process on the surface of the
aluminum base is recorded with a camera. During the experiment, the indoor ambient temperature
was 5 °C and the relative humidity was controlled at about 70%.
2.1

The frosting experiment on the surface of aluminum substrate with a wind speed of
2 m/s

When the temperature of aluminum base is 0 °C, –1 °C and –2 °C respectively, only the condensation
of water vapor occurs on the surface of aluminum base, and the time it takes for the first
condensation droplets to form on the surface of super-hydrophobic aluminum base is obviously
longer than that of conventional aluminum base. As shown in Figure 3(a), with the decrease of
temperature, condensate droplets appear earlier and earlier. Compared with conventional aluminum,
the time when the first condensate droplets appear on the surface of super-hydrophobic aluminum
is about 180 seconds later. As shown in Figure 3(b), the amount and volume of condensate droplets
on conventional aluminum based surfaces are large, while the size of condensate droplets on superhydrophobic aluminum based surfaces is small, and some areas are even invisible to the naked eye.
500

Time/s

400

Conventional aluminum
Super-hydrophobic aluminum

Conventional
aluminum

300
200
100

Super-hydrophobic
aluminum

0

0
-1
-2
-3
The temperature of the aluminum surface/ °C

(a)Time contrast
(b) Effect contrast
Figure 3: Comparison of time and effect of condensate droplets on two aluminum surfaces

When the surface temperature of aluminum is −3 °C to −4 °C, the condensation water droplets first
appeared on the surface of aluminum, and then the condensation water droplets were frozen into
ice droplets. However, these two phenomena occur on the surface of superhydrophobic aluminum
substrates later than those on conventional aluminum substrates. The distribution of ice beads on
the surface of the two aluminum bases is similar to that of condensed water beads: the number and
volume of ice beads on the surface of conventional aluminum are more than those on the surface of
super-hydrophobic aluminum, as shown in Figure 4.

Conventional aluminum

Super-hydrophobic
aluminum

Figure 4: Comparison of frozen ice beads on two kinds of aluminum surfaces
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When the aluminum surface temperature is –5 °C, a layer of aluminum surface come first observable
small water droplets to the naked eye film, and then covered by needle-like frost.
When the temperature of the aluminum surface is lower than –5 °C, the two kinds of aluminum
surface directly generate needle-like frost layer. It can be inferred from Figure 5(a) that the
appearance of needle-like frost layer on the surface of super-hydrophobic aluminum base is later
than that of conventional aluminum base, which has an obvious effect of delaying frosting. Fig. 5(b)
is two kinds of frosting phenomena on the surface of aluminum base. It is found by electronic balance
weighing that the weight of frost layer on the surface of superhydrophobic aluminum base at the
same time is less than that on the surface of conventional aluminum base, and the frost suppression
performance is good.

Time of frost formation/s

500
400

Conventional aluminum
Super-hydrophobic aluminum

Conventional
aluminum

300
200
100

Super-hydrophobic
aluminum

0

-6 -7 -8 -9 -10 -11 -12 -13 -14 -15 -16
The temperature of the aluminum surface/ °C

(a) Time contrast

(b) Effect contrast

Figure 5: Comparison of the time and effect of needle like frost on two kinds of aluminum substrates

2.2

Effect of wind speed on the surface of aluminum base frosting process

In this section, the time of needle frost on the surface of two kinds of aluminum is compared when
the temperature is below –5 °C and the wind speed is 1 m/s, 2 m/s and 3 m/s, as shown in Figure 6.

300
250

1m/s
2m/s
3m/s

200
150
100
50
0

-6 -7 -8 -9 -10 -11 -12 -13 -14 -15 -16
The temperature of the aluminum surface/ °C

350

Time of frost formation/s

Time of frost formation/s

350

300
250

1m/s
2m/s
3m/s

200
150
100
50
0

-6 -7 -8 -9 -10 -11 -12 -13 -14 -15 -16
The temperature of the aluminum surface/ °C

(a) Conventional aluminum
(b) Super-hydrophobic aluminum
Figure 6: The relationship between the time of frost formation and wind speed on two kinds of
aluminum substrates

In Figure 6(a) conventional aluminum base, when the temperature is high, the higher the wind speed
is, the earlier the frost layer appears on the surface of aluminum base. The reason is that with the
increase of wind speed, the heat transfer rate of aluminum base and nearby air increases, which
accelerates the condensation of water vapor in air and accelerates the formation of frost layer. As
the temperature decreases, the effect of wind speed on frost layer decreases gradually. The reason
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is that the lower the surface temperature of aluminum base, the faster the frosting rate of water vapor
in air, the less the influence of wind speed. In Figure 6(b) for super-hydrophobic aluminum base, it
can be seen from the figure that the time of frost layer on the surface of super hydrophobic aluminum
base does not change much at different wind speeds. The reason is that when the wind speed
increases, the convective heat transfer speed increases. Due the frost layer formed is lighter, it will
be blown away by air, and the larger the wind speed, the more obvious this phenomenon is.
2.3
Experimental results and analysis of defrosting process
When the surface temperature of aluminum base is –15 °C and the wind speed is 2 m/s, the frosting
performance of conventional aluminum base and super-hydrophobic aluminum base is tested for 20
minutes, then the water cooling system is turned off and the natural melting process of frost layer on
two kinds of aluminum base surfaces is recorded by camera, as shown in Figure 7. It can be seen
from the figure that at 130 s, the obvious melting area can be seen on the surface of conventional
aluminum base. By 140 s, the frost layer has all melted into water droplets. The volume of water
droplets is larger and the adhesion time on the surface of aluminum base is longer. The frost layer
on super-hydrophobic aluminum base begins to melt a little later, but the volume of water droplets
after surface melting is small, the number of water droplets is small, and some of them evaporate
rapidly at 140 s. More than half of the area has become dry. The reason is that the contact angle of
super-hydrophobic aluminum base surface is large, the contact area between water droplets and
aluminum base is small, and the contact area with air is large, so it is easier to absorb heat
evaporation of air. Overall, the super-hydrophobic aluminum surface can evaporate the water
droplets that melt on its surface in a shorter time, and effectively suppress the secondary freezing of
the melted water on the fin surface when defrosting mode is turned off in the air source heat pump.

Conventional aluminum

Super-hydrophobic aluminum
115 s
125 s
130 s
135 s
140 s
Figure 7: Melting phenomena of frost on two kinds of aluminum substrates

In the process of defrosting experiment, the temperature of the experimental environment is
controlled at about 10 °C. Since the temperature of the aluminum base surface is gradually increased
from –15 °C to 10 °C when the frosting experiment is stopped, the frost layer melts from the surface
to the bottom. The frost layer formed on the surface of conventional aluminum base can be divided
into dense layer at the bottom and sparse cloud floc layer on the surface. Therefore, the frost melting
phenomenon first appeared on the surface of conventional aluminum base at the beginning of
defrosting experiment. In the study of Wang et al., (2016) of Southeast University, the defrosting
experiment of super-hydrophobic surface was carried out by placing the aluminum base with frost
layer on the hot surface at 40 °C. Because the bottom of the frost layer is heated in this experiment,
the surface of super-hydrophobic aluminum base defrosts first and the defrosting time is shorter than
that of conventional aluminum base, which is contrary to the experimental results in this paper. In
practical application, the defrosting effect of two kinds of aluminum surfaces is affected by defrosting
methods, and the specific situation needs to be further studied.
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3. CONCLUSIONS
1) Condensation droplets will appear on the surface of aluminum base at temperatures ranging from
0 °C to –2 °C. With the decrease of temperature, condensation droplets will appear earlier and earlier.
The time of condensation droplets on the surface of super-hydrophobic aluminum base is obviously
delayed compared with that of conventional aluminum base. When the temperature ranges from –
3 °C to –4 °C, the condensate droplets first appear on the surfaces of the two kinds of aluminum
substrates, and then freeze into ice droplets. The ice beads on the surface of super-hydrophobic
aluminum base are small in size and small in number, while those on the surface of conv entional
aluminum base are large in volume and large in number. When the temperature is below –5 °C,
acicular frost layer appears directly on the surface of the two kinds of aluminum base, and with the
decrease of temperature, the time of frost layer appears earlier and earlier. At the same time, the
thickness of frost layer appearing on the surface of super-hydrophobic aluminum base is smaller.
2) The change of wind speed has a great influence on the formation of frost layer on the surface of
conventional aluminum base. When the wind speed increases, the formation of frost layer will be
accelerated. For super-hydrophobic aluminum base, the increase of wind speed will aggravate the
phase change of water vapor in the air around the aluminum base. It will disperse the light frost layer
which has been formed, so it has little effect on the formation time of frost layer.
3) The frost layer on the surface of conventional aluminum base shows signs of melting, but the
volume of the melted water droplets is huge, the adhesion is strong, and it is difficult to evaporate.
On the contrary, the melting time of super-hydrophobic aluminum base surface is slightly later, but
the small droplets formed by melting are easy to evaporate, resulting in a large area of drying area
on the aluminum base surface.
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ABSTRACT
In this paper, a new evaporative condenser with an annular elliptic finned tube heat exchanger was
introduced and some of its main performance parameters were simulated. For comparison, the
actual operating parameters of the round finned tube evaporative condensation air conditioning
system using in a subway station were also measured and simulated. This paper provides a
reference for related researches on the actual operation of subway stations. Meanwhile, the heat
transfer performance of the annular elliptic finned tube heat exchanger was compared with the round
finned tube heat exchanger by numerical simulation. The results showed that the annular elliptic
finned tube heat exchanger had a smaller air resistance and a larger heat transfer coefficient.
Besides, the new annular elliptic finned tube proposed in this paper could increase the COP of the
air conditioning system by roughly 5% to 17%, and the energy consumption is reduced by about 8%
to 22%.
Keywords: Evaporative condenser, Theoretical analysis, Annular elliptic finned tube, Practical
measurement.

1. INTRODUCTION
The evaporative condenser is a combination of air-cooled and water-cooled condenser. It is
researched that the condensing temperature of the air-cooled condenser is greatly affected by the
environment and is about 5-10 °C higher than it of the evaporative condenser (Thu et al., 2013).
Water-cooled condenser has lower condensing temperature than evaporative condenser, but it
needs more cooling water, as a result, the water pump consumes more energy (Sreejith et al., 2014,
Chen et al., 2008). Many studies showed that evaporative condensation air conditioning system
could save energy by 11%~70% compared to air-cooled or water-cooled air-conditioning units
(Hajidavalloo, 2007).
The heat transfer enhancement and energy saving of evaporative condenser is widely investigated
in recent years. Yu and Chan (2006) studied the performance of a residential evaporative
condensation air conditioner with various strategies for staging evaporative condenser fans under
different operating conditions. Hao et al. (2013) changed the cooling-pad’s thickness of an
evaporative air-cooled condenser to research its heat transfer enhancement and energy saving.
Salah et al. (2009, 2013) investigated a new rotating disk evaporative condenser under a wide range
of option parameters, and they found that the ability to reject heat of this evaporative condenser is
13 times higher than the air-cooled one. Vrachopoulos et al. (2007) presented an incorporated
evaporative condenser with basin of water condensates and system of water-drop cloud, and the
results showed that it could save roughly 58% energy. Hwang et al. (2001) put forward a new
evaporative condenser with tube immersing in a water tub. Yang et al. (2012) developed a mater
mist evaporative condenser in a subtropical climate. It is found that the COP could be improved by
around 18.6%.
Many researchers have carried out experiments and numerical simulation studies of evaporativecooling system (Ertunc et al., 2006, Islam et al., 2015), however, the investigation of evaporative
condenser composed with new tubes is scarcely reported. This paper introduced a evaporative
condenser with new oval annular tube-fin heat exchanger, built up the 2D and 3D models for
numerical simulation and compared it with the traditional evaporative condenser with round finned
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tube heat exchanger, for the sake of verifying the accuracy of the result, the simulated result was
compared with the measured data testing in a practical evaporative condensing air-conditioning
systems in a subway station.

2. METHODS
2.1.

Actual system synopsis

The air conditioning system measured in this paper is located in a subway station in Beijing, China.
This subway station is an underground two-story island station, and its total length is 249.6 m,
standard section width is 21.3 m and main building area is 19,184 m 2. This station has part A and
part B, which are jointly responsible for the indoor loads of this station. Part A offers the cooling
capacity for the large system (including the station hall and the platform), and bears the small
system’s loads of the station office area and the equipment room at the same time. The large system
and the small system operate independently. The measured data used in this paper is mainly derived
from the operating test results of the refrigeration system at the part A.
The system consists of several single decentralized systems comprising a surface cooler
(evaporator), an evaporative condenser (condenser) and a compressor unit. The surface cooler
(evaporator) was placed in the air supply channel, and the evaporative condenser was placed in the
air exhaust channel. The design value of the cooling capacity of the evaporative condenser is 1150
kW, and the cooling air is mainly from the exhaust air in the subway station. When the air volume is
insufficient, it will be assisted by fresh air.
2.2.

Actual measurement methods and contents

This paper selected one week per year with the highest temperature in Beijing from July to August
in 2016-2018 to measure the air conditioning system. The test contents mainly included the relevant
environmental parameters of the station hall and the platform of this subway station. Besides, this
paper also tested the main operating parameters of the air conditioning system such as the air speed,
air temperature, air relative humidity, the compressor power, the pump power, the fan power, and
so on. This test used the automatic recording instruments to continuously monitor the above
parameters of the air conditioning system.
When testing the air speed of the evaporative condenser, 25 survey points were uniformly distributed
in the cross section of the wind channel, and the average value of the testing data was taken as a
standard operating value.

3. MODELING
In the actual tested evaporative condensation air conditioning system, the heat exchanger used in
the evaporative condenser is the round finned tube heat exchanger. The schematic diagram of the
round finned tube flow cross-sectional structure was shown in Figure 1(a). The length of the round
tube is l1 = 1.42 m and the diameter is dr=10 mm, the tube is arranged in a row, and the distance
between two adjacent tube center is 30 mm. The new annular elliptic finned tube heat exchanger
was shown in Figure 1(b). The heat exchanger is constituted by two tubes: the inner tube and the
outer tube. The outer tube is an elliptical tube, and the inner tube is a round tube. Because the
refrigerant is flowing in the annular space between the two tubes, in order to keep the same crosssection areas as the round finned tube heat exchanger, the size of the new heat exchanger was
computed as follow: length l2=1.42 m, inner round tube diameter de=8 mm. As for the outer elliptic
tube, its long axis length is 2a =16 mm, and its short axis length is 2b=12 mm. And the distance
between two adjacent centers of the annular elliptic tube is 35 mm, and the cross-section schematic
diagram of the annular elliptic finned tube heat exchanger was shown in Figure 1(b).
In this paper, the heat transfer and flow conditions inside and outside the tubes were separately
modeled and calculated. This paper took a single complete heat exchange tube as the calculation
unit, in order to avoid the interference of the inlet effect and export effect. The length of the model
was 1.42 m the same with the real tube. This paper took the cross section of the tube to establish
the 2D model. Fig. 2(a) and 2(b) showed the 2D model of the round finned tube heat exchanger and
the new annular elliptic finned tube heat exchanger.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2054

(a) round finned tube
(b) annular elliptic finned tube
Figure 1: The cross-section schematic diagram

In the calculation 2D model of the round tube shown in Figure 2(a), the left boundary was the
refrigerant-liquid inlet, the right boundary was the refrigerant-vapor outlet, the upper boundary was
the wall boundary, and the lower boundary was the symmetry axis. In the 2D model of the annular
elliptic finned tube heat exchanger shown in Figure 2(b), the upper left boundary was the refrigerantliquid inlet, the lower left boundary was the cooling-water outlet; the upper right boundary was the
refrigerant-vapor outlet, the lower right boundary was the cooling-water inlet, the upper boundary
was the outer-tube wall, the middle boundary was the inner-tube wall, and the lower boundary was
the symmetry axis.

(a) round finned tube
(b) annular elliptic finned tube
Figure 2: The 2D model of the heat exchangers

Fig. 3(a) and 3(b) are the 3D models of the traditional round finned tube heat exchanger and the new
annular elliptic finned tube heat exchanger respectively, which were used to simulate the flow and
heat exchange of the air and spray water outside the tube. In the actual system, the fin pitch of the
round finned tube heat exchanger is 6 mm. In this paper, the geometric model used for numerical
simulation chose a 6 mm long tube section with one fin as the calculation unit.
As shown in Figure 3(a), according to the actual flow process, the cooling air and the cooling water
entered from the inlet shown in the figure, flowed into the heat exchange unit along the negative
direction of the y-axis which was perpendicular to the pipe length direction, and then flow out from
the outlet after heat exchanging. The up and down face of the model were both symmetrical planes,
and the two sides of the model were both periodic surfaces. As shown in Figure 3(b), the cooling air
and cooling water flowed into the heat exchange unit in the negative direction of the x-axis which
was perpendicular to the length of the tube, and then flowed out from the outlet. The up and down
sides of the model were symmetrical planes, and the two sides of the model were periodic surfaces.

(a) round finned tube
(b) annular elliptic finned tube
Figure 3: The 3D model of round finned tube
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4. EQUATIONS AND PARAMETERS SETTING
In this paper, the vaporization condensation model in the mixed multiphase flow model of FLUENT
software was used to simulate the phase transition between vapour and liquid phases. The principle
of the model is to apply the Lee model for calculating the phase transition. The governing equation
for mass transfer (evaporation condensation) between liquid and vapour is:



 lv − m
 vl
(αv ρv ) + (αv ρvVv ) = m
Eq. (1)
t
Where α v is vapour volume fraction, ρv is vapour density in kg×m -3, Vv is vapor speed in m/s, m

is quality flow in kg×s-1×m -3, and the lower angle label ‘lv’ is from liquid to vapor, ‘vl’ is from vapor to
liquid.
The mass transfer of evaporative condensation is determined by the equation (2)-(3), which is
mainly determined by the relationship between the vapour and liquid phase’s temperature and the
saturation temperature. The specific calculation process is as follows:
When the liquid phase temperature is higher than the saturation temperature, the mass transfer
direction is from the liquid phase to the vapour phase, which is the evaporation process:
 lv = ξ coef * α l ρl ( Tl − Tsat )
Eq. (2)
m
Tsat
When the vapour phase temperature is higher than the saturation temperature, the mass transfer
direction is from the vapour phase to the liquid phase, which is the condensation process:
 vl = ξ coef * αv ρv ( Tsat − Tv )
Eq. (3)
m
Tsat
According to the kinetic theory of vapour phase condensate flux given by Hertz Knudsen's formula
(Tanasawa, 1991), the evaporation coefficient and condensation coefficient in the mass transfer
process in equation (2) and (3) can be finally calculated and determined:
ξ coef =

α ρ
6
M
β
L( v v )
d buble
2ππRsat ρL − ρv

Eq. (4)

Where ξcoef is evaporation and condensation coefficient in s -1, dbuble is bubble diameter in m, β is
constant, T is temperature in K.

5. DISCUSSION
In order to study the heat transfer and flow performance of the annular elliptic finned tube heat
exchanger, this paper simulated the annular elliptic finned tube and the traditional round finned tube
heat exchangers on the basis of the measured data. The measured values would be compared with
the simulated values under the same conditions, such as the refrigerant outlet temperature,
condensing temperature, heat transfer coefficient, heat dissipation, and external pressure of the heat
exchanger. In this paper, 2268 sets of continuously recorded data were arranged in order of
refrigerant inlet temperature, and 1 °C were taken as a calculation node to divide all data into groups,
for example, when the refrigerant inlet temperature ranged from 39.5 to 40.5 °C, the eligible data
would be counted as a group, and the average value of this group would be the valid data for the
simulation calculation.
5.1.

Analysis of refrigerant temperature

As shown in Figure 4, this paper used FLUENT simulation software to calculate the condensing
temperature value of the refrigerant in the condensing tube of the annular elliptic finned tube heat
exchanger and the round finned tube heat exchanger under the same conditions. In order to ensure
the accuracy of the simulation value, the measured value and simulation value of the condensing
temperature were compared and analysed. The Fluent simulation results and the measured value
of the condensing temperature of the round finned tube heat exchanger are between 0.9% and 1.2%,
and the error was less than 10%. So it could be concluded that the simulation results were basically
consistent with the actual situation.
Besides, according to the simulation results, under the same conditions, the condensing temperature
of the refrigerant in the annular elliptic finned tube heat exchanger was obviously lower than that of

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2056

the round tube, and with the temperature of the spray water increasing gradually, the advantage
became more obvious. This was because that the annular elliptic finned tube heat exchanger had
cooling water circulating inside and outside the heat exchanger, as a result, the refrigerant flowing
in the annular space could exchange heat with more cooling waters than the round tube. Therefore,
under the condition that the cross-sectional area of the refrigerant was the same, the heat exchange
area of the annular elliptic finned tube heat exchanger was significantly higher than that of the round
one.
According to the calculation, the heat transfer area of the annular elliptic finned tube heat exchanger
was 52.797% higher than that of the traditional round one of the same size. The simulation results
showed that under the spray temperature varying from 27.21 °C to 33.24 °C, the condensing
temperature of the annular elliptic finned tube heat exchanger was 2.71~4.32 lower than that of the
conventional round finned tube heat exchanger. Studies showed that for every 1 °C reduction in
condensing temperature, the energy consumption of the refrigeration system will be reduced by 3%
to 5%, and the COP of the air conditioning system will increase by 2% to 4% (Chow et al., 2002).
Based on this analysis, the new annular oval tube proposed in this paper can increase the COP of
the air conditioning system by roughly 5% to 17%, and the energy consumption is reduced by about
8% to 22%.

Figure 4: Comparison of Tk under the same water temperature of the two types of tubes

5.2.

Analysis of heat transfer capacity and air resistance

In this paper, the influence of inlet air velocity on the heat transfer capacity of the evaporative
condenser was studied, as shown in Figure 5(a), it could be known that when the inlet air velocity
was less than 1.52 m/s, the evaporation heat exchanger would decrease with the increasing of the
air velocity. Due to the increasing of the inlet air velocity, the contact time between cooling air and
the liquid film would decrease, so the heat transfer capacity at the gas-liquid interface would be
insufficient. When the inlet air velocity was higher than 1.52 m/s, the increase of the air velocity would
promote the heat transfer capacity of the evaporative condenser. When the air velocity was higher
than 2.88 m/s, with the air velocity increasing the increasing speed of the heat transfer capacity
would gradually slow down.
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(a) effect on heat transfer capacity
(b) effect on pressure drop
Figure 5: Effect on heat transfer and pressure drop

According to other research results (Chow et al., 2002, Anica et al., 2017), when the air velocity
exceeded 5 m/s, the continually increasing of the air velocity would cause heat transfer capacity
reducing again. This is because the larger the inlet air velocity become, the larger the amount of
cooling air would flow through the heat exchanger per unit time, as a result, the more latent heat
exchange of vaporization would be carried out by the air. When the flowing direction of the air was
the same as the spray direction of the spray water, the liquid film on the surface of the heat exchanger
would be thinner with the a larger the air velocity. Within a certain range, the heat transfer resistance
would be reduced and the heat transfer coefficient would be increased. But when the air velocity was
too large, the liquid film formed by the spray water would be blown off and form the dry spots on the
surface of the heat exchanger at the same time, this would not benefit the heat exchange.
This paper also compared the air resistance of the round finned tube and the annular elliptic finned
tube heat exchanger under the same air velocity, and the air pressure drop between the entrance
and the exit of the heat exchanger would be taken as the judgement criteria of the air resistance. As
shown in Figure 5(b), the new annular elliptic finned tube heat exchanger proposed in this paper had
a larger cross-section area, so the air pressure drop was lower than that of the round finned tube at
the same air velocity. With the inlet air velocity becoming larger, this advantage would be more
obvious. It showed that when the inlet air velocity was between 1.0~5.5 m/s, the average pressure
drop of the annular elliptic finned tube heat exchanger was about 11.74% lower than that of the
round finned tube heat exchanger.

6. CONCLUSIONS
This paper firstly conducted the measurement of the actual evaporative condensation air
conditioning system, got the working condition of the traditional round finned tube evaporative
condenser in actual engineering. Then based on the measured data, the models of the traditional
round finned tube heat exchanger and the new annular elliptic finned tube heat exchanger were
established for simulation calculation. Through the actual measurement combined with simulation,
the new annular elliptic finned tube heat exchanger and the traditional one were analysed from the
aspects of condensing temperature, refrigerant inlet and outlet temperature difference etc. After the
above analysis, the results can be concluded as follows:
(1) Under the same spray water temperature, the condensing temperature of the new annular elliptic
finned tube heat exchanger was 2.71 °C ~4.32 °C lower than that of the traditional round finned tube
heat exchanger. And the lower spray water temperature decrease, the more obvious the advantages
of annular elliptic finned tube heat exchanger would be.
(2) When the inlet air flow rate was between 1.0~5.5 m/s, the air resistance of the annular elliptic
finned tube heat exchanger was smaller than the round finned tube heat exchanger. The calculation
results showed that the pressure drop was about 11.74% lower than that of the round tube.
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NOMENCLATURE
p
T

pressure (kPa)
temperature (K)

ρv

vapour density (kg×m -3)


m


Vv

quality flow (kg×s-1×m-3)
vapor speed (m×s-1)
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ABSTRACT
Ships have abundant waste heat which can be recovered to act as the driving heat source for the
ejector refrigeration and desiccant air-conditioning (A/C) systems. In this paper a novel marine
ejector-refrigeration rotary-desiccant A/C system is proposed and its configuration and working
principle are introduced in detail. The novel A/C system driven totally by ship’s waste heat is
composed of an ejector-refrigeration unit and a rotary-desiccant A/C sub-system. The A/C system
has some excellent advantages to apply on ship such as the independent temperature and humidity
control and energy saving. Taking into account the thermal quality of ship’s waste heat, the special
ambient environment including the cooling sea water readily available overboard, and the specific
working conditions for the A/C system proposed, some environment-friendly working fluids or
refrigerants are compared and analyzed for the system’s ejector refrigeration unit. It can be
concluded that water should be the most suitable working fluid for the A/C system proposed.
Keywords: Marine A/C System, Ejector Refrigeration, Rotary Desiccant, Working Fluid.

1. INTRODUCTION
With the continuous growth of global trade, the scale of shipping industry is becoming bigger and
bigger, which has greatly promoted the social and economic development of both sides of the trade.
However, at the same time, it also brought some problems, for example, the increasing carbon
emissions. According to the statistics from the report of the Marine Environment Protection
Committee (MEPC) on its fifty-ninth session, the carbon emission of shipping industry accounted
about 3.3% of total global carbon emission in 2007(Marine Environment Protection Committee,
2009). In order to avoid the deterioration of the situation, the MPEC of International Maritime
Organization (IMO) has developed some indices including Energy Efficiency Design Index (EEDI),
Ship Energy Efficiency Management Plan (SEEMP), Energy Efficiency Operation Index (EEOI) and
so on to reduce carbon emission and enhance energy efficiency of both newly-designed ships and
ships in service. In addition, the IMO has put forward a series of measures for energy conservation
and emission reduction, among them, the utilization of waste heat has been strongly recommended.
In modern ships, the efficiency of main diesel engine is only about 50%, which means abundant
waste heat can be obtained on the ships.
Air-conditioning was one of the most important auxiliary equipment of modern ship, which creates a
relatively comfortable working and living environment for the crew. However, traditional vaporcompression refrigeration unit for air-conditioning consumed about 15%-20% of electric power
generated on board. On the other hand, there is abundant waste heat on ships. Therefore, waste
heat-driven refrigeration technologies are considered for the application on ships. Chen W. and his
research group proposed a one-rotor two-dehumidification rotary-desiccant A/C system for the
application in marine air-conditioning(Chen et al., 2011; Zheng et al., 2012; Zhu et al., 2014; Zhu et
al., 2015). However, since the designed cooling sea water temperature reaches 32 ℃ , the
requirements of supply air cannot be met by the sea water cooling alone. Therefore it needs an
auxiliary refrigeration unit to further lower the temperature of supply air. As a potential alternative
technology, ejector refrigeration can be driven by waste heat and the green refrigerants such as
water can be used as its working fluid. Moreover the ejector refrigeration unit has few moving parts,
which is very advantageous to the maintenance and management on ship. In this paper, a novel
marine ejector refrigeration rotary desiccant (ERRD) A/C system which consists of an ejectorrefrigeration unit and a rotary-desiccant A/C subsystem will be introduced and its working fluid will
be analyzed.
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2. CONFIGURATION OF MARINE ERRD A/C SYSTEM AND ITS ADVANTAGES
2.1.

Configuration of Marine ERRD A/C System

The configuration of marine ERRD A/C system was showed in Fig. 1. The system can be seen as
the combination of two subsystems, i.e., the ejector refrigeration subsystem and rotary desiccant
subsystem.
return air
sea water

reservoir

sea water
intercooler 1

regeneration
zone1

ejector

dehumidification
zone 2

waste heat

condenser

generator

expansion valve
pump

sea water
supply
air

intercooler 2

process air

evaporator

fan 1

heater

fresh air
desiccant wheel
exhaust air

fan 2

regeneration zone2

dehumidification
zone 1

cabin

waste heat

Figure 1: Configuration of marine ERRD A/C system

In the rotary desiccant subsystem, a desiccant wheel having two dehumidification zones and two
regeneration zones is used to deal with the latent load of processing air. On the one hand, the
processing air which is composed of the outdoor fresh air mixing with indoor return air as per fresh
air ratio flows through the dehumidification zone 1. Part of the latent load of processing air is
converted into sensible load, leading to the temperature increase of processing air. Meanwhile the
processing air is firstly cooled by the sea water and then by the intercooler 1. After that, processing
air continues to flow through the dehumidification zone 2 to further remove moisture and then is
cooled again by the intercooler 2. Finally, the processing air is cooled by evaporator to meet the
requirement of supply air temperature. On the other hand, the regeneration air from indoor exhaust
air is heated to the regeneration temperature and then is sent to and flow through the wheel’s
regeneration zone 1 and 2 to recover the dehumidification capacity of the desiccant wheel.
In the ejector refrigeration subsystem, the main components include the ejector, generator,
condenser, evaporator and expansion device. Among these main components, the ejector is the key
one which consists of the nozzle, suction chamber, mixing chamber and diffuser. The liquid working
fluid in the reservoir is divided into two streams, one entering the evaporator through an expansion
device to absorb heat load, the other entering the generator through a circulating pump. The primary
fluid stream is heated to the high pressure and high temperature state in the generator driven by
waste heat, and then flows through the nozzle of ejector and entrains the secondary fluid stream
from evaporator into the suction chamber. After that, the two streams mix together in the mixing
chamber. Finally, the mixing fluid is pressurized in the diffuser and then flows out to the condenser
for condensation.
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2.2.

The Advantages of Marine ERRD A/C System

The combination of ejector refrigeration and rotary desiccant technologies in the marine A/C system
can bring the following advantages.
(1) Both ejector refrigeration and rotary desiccant can be driven by waste heat. When rotary
desiccant technology is used alone in the marine A/C system, it is impossible to meet the
requirements of supply air state and usually the auxiliary vapour-compression refrigeration unit is
needed.
(2) Since the latent load and sensible load can be handled by the rotary desiccant subsystem and
ejector refrigeration subsystem respectively, the independent control of temperature and humidity of
A/C system can be achieved to some extent, which improves the comfort and health of ship cabin
air.
(3) Because the system’s latent load is nearly all deal with by the rotary desiccant subsystem, the
ejector refrigeration subsystem need not undertake the dehumidification load. Hence, the
evaporation temperature can be increased great. For example, when the supply air temperature is
17℃, the evaporation temperature can be raised to 10℃ and above. In an ejector refrigeration A/C
system, the evaporation temperature is required to be about 5 ℃ due to the requirement of
dehumidification. Under the same condensation temperature, the pressure ratio can be reduced by
28.95%. The decreased pressure ratio can help improve the working condition of the ejector.
(4) Compared with the conventional vapour-compression refrigeration system, EERD A/C system
has the possibility of using more environment-friendly refrigerants.
(5) Except for the auxiliary pumps, both subsystems have not moving parts. Hence the maintenance
and management requirements can be reduced, which is very advantageous for ship.
(6) Through a reasonable selection and matching of desiccant and refrigerant, it is possible that the
waste heat required in two subsystems has different energy levels. Consequently, the utilization
efficiency of waste heat can be improved.

3. WORKING FLUID ANALYSIS
The selection of working fluid should consider its safety, environmental acceptability, device
applicability and economic performance. In this paper, some pure refrigerants including R718,
R134a, R245fa, R1234yf and R1234ze(E) were selected as the potential working fluid for the ejector
refrigeration subsystem. Water (R718) is the most environment-friendly working fluid and easy to
obtain. R134a is the most popular refrigerant today used in marine A/C system. R1234yf and
R1234ze(E) is the next generation refrigerants most likely to replace R134a. As an environmentfriendly refrigerant with fast market share growth, R245fa is also selected for analyzing. Another
widely-used refrigerant, ammonia (R717) is introduced here just for comparison analysis due to its
good environmental and thermodynamic performance.
The important properties of the selected refrigerants are as shown in Table 1 including critical
temperature, critical pressure, normal boiling point, molecular weight, safety group of
ANSI/ASHRAE, ODP, GWP and atmospheric lifetime. The properties of the selected refrigerants are
obtained from the professional software Refprop 9.1, ANSI/ASHRAE Standard 34-2016
(ANSI/ASHRAE, 2016) and 2017 ASHRAE Handbook Fundamentals (ASHRAE, 2017).
Property
Critical temperature(°C)
Critical pressure (MPa)
Normal boiling point (°C)
Molecular weight (g/mol)
Safety group
(ANSI/ASHRAE)
ODP
GWP
Atmospheric lifetime
(years)

Table 1. Properties of the selected refrigerants

R134a
101.06
4.0593
-26.07
102.03

R245fa
154.01
3.651
15.14
134.05

R717
132.25
11.333
-33.33
17.03

R718
373.95
22.064
99.974
18.015

R1234yf
94.70
3.3822
-29.45
114.04

R1234ze(E)
109.36
3.6349
-18.97
114.04

A1

B1

B2L

A1

A2L

A2L

0
1300

0
858

0
-

0
-

0
<1

0
<1

13.4

7.7

-

-

0.029

0.045

Note: Symbol '-' means no influence.
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3.1.

Safety and Environmental Acceptability

Safety is the most important issue on the ship. Therefore, toxicity and flammability are the primary
considerations and surely the non-toxic and non-flammable working fluids are preferable. As for
environment acceptability, with the increasing attention to global warming the refrigerants not only
require zero ODP, but also require GWP to be as small as possible and atmospheric lifetime as short
as possible.
As shown in Table 1, from the safety point of view, R134a and R718 have the optimal safety group
A1 which means low toxicity and non-flammable. R1234yf and R1234ze(E) have the safety group
A2L that means low toxicity and low combustibility. R245fa and R717 have the safety group B1 and
B2L respectively, which means both refrigerants are high toxicity, although one is non-flammable
and the other low combustible. As for environmental acceptability, natural refrigerants R717 and
R718 have the best environmental protection performance. R1234yf and R1234ze(E) also have very
good environmental protection performance with zero ODP, low GWP(<1) and low atmospheric
lifetime(0.029 and 0.045 years respectively). R134a and R245fa have relatively poor environmental
protection performance with zero ODP, high GWP (1300 and 858 respectively) and relatively long
atmospheric life time (13.4 and 7.7 years respectively). In general, in terms of safety and
environmental acceptability, R718 has the best advantages, and R1234yf and R1234ze(E) are also
good choices.
3.2.

Device Applicability and Economic Performance

As for the device applicability and economic performance, there are many aspects to be considered.
However, due to no need of moving parts in ejector refrigeration system there is almost not any
lubrication problems. Therefore the main considerations are thermal parameters and cycle efficiency.
Good device applicability and economic performance require that the system has good performance
under standard condition and can adapt to a wide range of working conditions. The economic
performance of refrigerant requires that refrigerants should be cheap and easy to be obtained.
3.2.1. Working Condition and Performance Index
In order to analyze the device applicability and economic performance of different refrigerants, the
analysis were carried out under the following working conditions as shown in Table 2. Although the
designed cooling temperature of sea water can be as high as 32℃, the actual seawater temperature
is changing during voyage. In order to investigate the system performance under variable working
conditions, the range of condensation temperature was extended from 32 to 42℃. In order to make
full use of the refrigerants and avoid supercritical state, the generation temperature of each selected
refrigerant except for R718 is all about 10℃ below its critical temperature. Taking account of the
thermal quality of waste heat on ships, the refrigerant R718 with relatively high critical temperature
is analyzed at the generation temperature from 110℃to170℃ ,which most marine exhaust gas boiler
can reach.
Table 2. Working conditions of ejector refrigeration subsystem

Refrigerants
R134a
R245fa
R717
R718
R1234yf
R1234ze(E)

Evaporation
temperature, ℃
10
10
10
10
10
10

Condensation
temperature, ℃
32~42
32~42
32~42
32~42
32~42
32~42

Generation
temperature, ℃
91
144
122
110~170
84
99

In order to evaluate the performance of the ejector refrigeration subsystem, some performance
indices including entrainment ratio and COP defined by Eq. (1) and (2) were used. Because very
small energy is consumed by circulating pump, the COP can be expressed as Eq. (3). The model of
ejector developed by Eames I.W. et al. (1995) with constant mixing pressure was used in this paper
to calculate maximum entrainment ratio under the given operating condition. In addition, in order to
evaluate the economic performance of refrigerant the total mass flow rate of the ejector was defined
as Eq. (4) and introduced under the assumption that each refrigerant has the same circulating times
in the system.
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=

ms
mp

Eq. (1)

where ω is entrainment ratio, ms mass flow rate of secondary fluid in kg/h, mp mass flow rate of
primary fluid in kg/h.

COP =

Qcool
Qheat + W pump

Eq.
(2)

where COP is coefficient of performance, Qcool cooling capacity of evaporator in kW, Qheat heat input
of generator in kW, Wpump power consumption of circulating pump in kW.

COP =

Qcool
h −h
= e c
Qheat
h p − hc

Eq. (3)

where he is enthalpy of secondary fluid at evaporator outlet in kJ/kg, hc enthalpy of working fluid at
condenser outlet in kJ/kg, hp enthalpy of primary fluid at generator outlet in kJ/kg.

mtotal = m p + ms

Eq. (4)

where mtotal is total mass flow rate of ejector in kg/h.
3.2.2. Entrainment Ratio and COP under Variable Working Condition
Under the working conditions in Table 1, entrainment ratio and COP of different refrigerants in ejector
refrigeration subsystem were calculated using the models developed by Eames I.W. et al. (1995)
with constant mixing pressure. The results were shown in Fig.2 and Fig.3.
From Fig.2, it can be seen that entrainment ratio of all refrigerants decreased with the increase of
condensation temperature. The entrainment ratios of R245fa and R717 were far larger than that of
other refrigerants. The entrainment ratios of R1234ze(E) were similar to that of water at 170℃. The
entrainment ratios of R134a were similar to that of water at 150℃. The entrainment ratios of R1234yf
were similar but lightly larger than that of water at 130℃.

Note: Tg is generation temperature of primary fluid.
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Figure 2: Entrainment ratio of different refrigerants under different condensation temperature and 10
℃ evaporation temperature

From Fig. 3 it can be seen that COP of all refrigerants decreased with the increase of condensation
temperature. Except for water, the COP of all refrigerants ranged from large to small as R717,
R245fa, R1234ze(E), R134a and R1234yf. However, the COPs of R717 were far greater than other
refrigerants. The COPs of R1234ze(E) were just slightly greater than that of R134a. The COPs of
water at 170℃ were located between R245fa and R1234ze(E). The COPs of water at 150℃were
similar to that of R1234ze(E) and R134a. The COPs of water at 130℃ were similar to that of R1234yf.
Figure 3: COP of different refrigerants under different condensation temperature and 10℃

evaporation temperature

3.2.3. Evaluation the Charge Amount of Different Refrigerants
From Fig. 4, it was clear that the total mass flow rate of all refrigerants ranged from large to small as
R1234yf, R134a, R1234ze(E), R245fa and R717. However, total mass flow rate of R717 and water
were much smaller than other refrigerants. More details will be analyzed in the next section.
3.3.

Further Analysis of Calculation Results

The average value of three performance indices were shown in Table 3. The smaller total mass flow
rate, the less charge amount of refrigerant. Therefore the sorting method from small to large is
adopted in this paper. For the convenience of analysis, the maximum entrainment ratio, the
maximum COP and minimum total mass flow rate were selected as benchmarks. Four refrigerants
with the best comprehensive performance were chosen to analyze, including R717, R245fa, W170
and R1234ze(E). It can be found from Table 2 that the R717 had maximum COP, secondary-ranged
entrainment ratio and the fourth-ranged total mass flow rate. R245fa had maximum entrainment ratio,
secondary-ranged COP and the sixth-ranged total mass flow rate. However, the COP of R245fa was
only 61.44% of that of R717, and the total mass flow rate 6.17 times of that of R717. W170(water
with 170℃ generation temperature ) had minimum total mass flow rate, the third-ranged entrainment
ratio(68.29% of the benchmark) and the third-ranged COP(55.10% of benchmark). R1234ze(E) had
the fourth-ranged entrainment ratio(68.08% of the benchmark) and the fourth-ranged COP(48.53%
of the benchmark), but the total mass flow rate was 13.7853 times the benchmark.
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Another important aspect was that the comprehensive performance of R1234ze(E), R134a and
R1234yf were very similar to that of W170, W150 and W130 respectively, if the effect of refrigerant
charge amount was not taken into consideration. It means that water can match the best
performance of different refrigerants by increasing generation temperature due to its high critical
temperature and the high thermal quality of waste heat on ship. The advantages of water acting as
working fluid in marine ERRD A/C system were further proven.
On the whole, although R717 and R245fa have excellent performance, the strict requirements of
safety and environmental acceptability would limit their application on ships. W170 and R1234ze(E)
are preferable refrigerants for ejector refrigeration subsystems. And the performance of the W170
was better and should be the best choice.

Figure 4: Total mass flow rate of different refrigerants corresponding to 1kW cooling capacity under
different condensation temperature and 10℃ evaporation temperature
Table 3. Average value of different performance indicators

Refrigerant
R134a
R245fa
R717
R1234yf
R1234ze(E)
W110
W130
W150
W170

Entrainment ratio
average
0.4556
0.7811
0.7674
0.3903
0.5318
0.2565
0.3635
0.4545
0.5334

order
5(58.33%)
1(100.0%)
2(98.25%)
7(49.97%)
4(68.08%)
9(32.84%)
8(46.54%)
6(58.19%)
3(68.29%)

COP
average
0.4023
0.5383
0.8761
0.3167
0.4252
0.2392
0.3351
0.4149
0.4827

order
6(45.92%)
2(61.44%)
1(100.0%)
8(36.15%)
4(48.53%)
9(27.30%)
7(38.25%)
5(47.36%)
3(55.10%)

Total mass flow
rate(kg/h)
average
order
67.5869 8(14.6033)
43.2732 6(9.3499)
7.0174
4(1.5162)
95.8048 9(20.7002)
63.8012 7(13.7853)
12.1507 5(2.6254)
6.7515
3(1.4588)
5.3317
2(1.1520)
4.6282 1(100.0%)

Notes: W110, W130, W150 and W170 indicate that the generation temperature of water are 110℃, 130℃,
150℃ and 170℃ respectively.
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4. CONCLUSIONS
The novel marine ejector-refrigeration rotary-desiccant air-conditioning system is composed of an
ejector refrigeration unit or subsystem and a rotary desiccant wheel, which can be fully driven by the
abundant high thermal quality of waste heat on ships so as to realize ship’s energy saving and
emission reduction. Meanwhile the comfort of ship cabins can be improved due to the independent
control of temperature and humidity which can be realized by the ERRD A/C system. Moreover, the
working conditions of ejector refrigeration subsystem can be improved and the system COP can be
increased, which further provide the flexibility of the selection of green refrigerant.
Taking into account of the refrigerant’s safety and environmental acceptability, device applicability
and economic performance, from the analysis results of theoretical calculation it can be found that
water has good applicability and should be the best choice of refrigerant for marine ERRD A/C
system because the abundant high quality waste heat are readily available on ship and therefore the
relatively high generation temperature can be easily obtained.
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NOMENCLATURE
h
p
T
ω

enthalpy (kJ/kg)
pressure (Pa)
temperature (℃)
Entrainment ratio

m
Q
W

Mass flow rate (kg/h)
heat or cooling capacity (kW)
power consumption (kW)
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ABSTRACT
The compressors of a machinery room in food industries are often designed on the maximum
refrigeration capacity required for the process, even if it is well known that this maximum
requirement is effective a very scarce time fraction. Therefore, the compressors often run at partial
charge. This situation lead to poor energy efficiency of compressors, and especially of screw
compressors controlled with slide valves.
To partially solve the problem, the use of variable speed devices are recommended, guessing
important energy savings.
This paper compares different control strategies of screw compressors in a machinery room of a
dairy industry requiring 1 MW refrigeration and composed of 1 to 3 screw compressors of different
size and models. It will demonstrate that a smart management of cascade and slide valve control
delivers interesting results with a reduced investment cost. The interest of adding variable speed
device on a selected compressor will be highlighted.
Keywords: industrial application, screw compressor, capacity reduction, slide valve, variable
speed, control.

1. INTRODUCTION
The adjustment between cold production and needs is a key point when designing a refrigeration
installation. Indeed, it is accepted that the design has to be based on the maximum reasonable
need, knowing that the installation will work very few time at its maximum capacity.
Answering this question needs on one hand to have a good knowledge of the refrigeration needs
(chronogram, histogram), and on the other hand, to dispose of actuators allowing to adjust the cold
production. In industrial conditions, the use of screw compressors with slide valve is often
proposed. In addition, variable speed devices are sometime proposed, expecting energy savings.
The drawing of the chronogram of refrigeration needs and the modeling of the performances of
screw compressors controlled with slide valves and variable speed devices is therefore necessary
to assess the performance of different control strategies.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2069

2. DESCRIPTION OF THE INSTALLATION
2.1. Refrigeration needs
The studied installation is connected to a dairy process (sterilized milk, yoghurts and other flavored
milk dessert). The process is based on the utilization of different equipments (pasteurizers,
sterilizers, plate heat exchangers, blast coolers, …) fed with iced water. This iced water is
produced with a MPG loop (-11°C / -6°C) in a plate heat exchanger with an adequate system
preventing the exchanger’s freezing. MPG is produced with an ammonia facility with a low
pressure receiver feeding a plate heat exchanger (thermosiphon, cycle temperature : -15°C /
+35°C). The MPG is also directly used in air coil heat exchangers located in storage facilities and
in workshops. The refrigeration needs have been studied in detail with the production service and
led to the following chronogram:

Figure 1 : Chronogram of refrigeration needs for a typical production week

This chronogram indicates following statistics:
Table 1. Statistics on refrigeration
needs

Figure 2 : histogram of refrigeration needs

Capacity (kW)

Frequency

Cumm.

[ 0 ; 125 [
[ 125 ; 250 [
[ 250 ; 375 [
[ 375 ; 500 [
[ 500 ; 625 [
[ 625 ; 750 [
[ 750 ; 875 [
[ 875 ; 1000 [
>= 1000

1%
5%
26%
24%
23%
15%
5%
1%
0%

1%
6%
32%
56%
79%
94%
99%
100%
100%

Max :

992

kW

The reading this data indicates that:
 the maximum need of 992 kW is only called for a short time on Wednesday afternoon
 most of the time, the refrigeration need is between 250 and 750 kW
Therefore, the choice of the number of installed compressor and of their control mode is of great
importance.
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2.2. Retained compressors models
For different reasons (including end-user requirements and habits), the use of GEA screw
compressors is proposed. From this, different possibilities are studied:
 use of one big compressor ( 1 MW) fulfilling all the requirements and adjusting its
refrigeration capacity with a slide valve
 use of two medium size compressors ( 2 x 500 kW)
 use of three compressors (250 kW + 350 kW + 500 kW)
Following table summarizes the main characteristics of these compressors (cycle temperature:
-15°C / +35°C):
Table 2. Main characteristics of the selected GEA screw compressors

Model
LR-L2655S-28
MR-M2655S-28
RR-R2240S-28
WR-W2240S-28

Ref. capacity
(kW)
282.4
371.2
562.8
1078.5

Elec. Capacity
(kW)
90.4
116.4
162.2
317.7

COP
3.12
3.19
3.47
3.39

2.3. Studied control strategies
In order to adjust the production to the needs, different control strategies are studied and
compared:
Strategy 1 : only one big compressor (1MW) in use, with capacity control with slide valve to adjust
the production to the needs.
Strategy 2 : two medium compressors (2 x 500 kW)
Strategy 2.1 : 1st compressors with slide valve until 100%, then 1st compressor 100% + 2nd
compressors with slide valve to adjust the production to the needs
Strategy 2.2 : 1st compressors with slide valve until 100%, then 1st + 2nd compressors at the
same slide valve position
Strategy 3 : three compressors (250 + 350 + 500 kW))
Strategy 3.1 : small compressor with slide valve until 100%, then small compressor 100% +
medium compressors with slide valve to adjust the production to the needs,
then small and medium compressors at 100% and big compressor with slide
valve to adjust the production to the needs
Strategy 3.2 : small compressors with slide valve until 100%, then small + medium
compressors at the same slide valve position, then all compressors to the
same slide valve positon.
These strategies are completed with the use of variable speed devices, this device being installed
on the biggest compressor for the strategy 3.
The comparison of the performances of these different strategies requires the modeling of the
performances of each compressor working with slide valves and variable speed devices.
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3. MODELING THE PERFORMANCES OF COMPRESSORS
3.1. COP vs slide valves position
Due to international recirculation of sucked gases (Moseman, 1999), the slide valve position has a
direct and important impact on the coefficient of performance as shown Fig. 3.

Figure 3 : Impact of the slide valve position on a screw compressor performance

These figures come from the data selection sheets of the compressor provider. It indicates that
when the slide valve is in “low” position (corresponding to low refrigerating capacity), the
performances or compressor decreases dramatically. As the relation between the slide valve
positon and the reduction capacity is quite complex to establish (Widell 2010, Chen 2011), we will
directly adopt the reduction capacity ( / max) as an input to our approach.
We propose to model this decrease by a power law inspired by pressure drop laws as followed :
𝑊
𝑊𝑚𝑎𝑥

= 𝛼 (𝜙

𝜙

𝑚𝑎𝑥

𝑛

Eq. (1)

) +𝛽

where :
W is the electric power input of the compressor (kW),
 is the refrigeration capacity (kW)
 and  are calculated by forcing the function through two points :
 one point coming from datasheet, for instance the ratio
compressor’s datasheet for (𝜙

𝜙

𝑚𝑎𝑥



𝑊
𝑊𝑚𝑎𝑥

indicated on

) = 0.1

the second point coming from the limit (𝜙

𝜙

𝑚𝑎𝑥

) = 1, where

𝑊
𝑊𝑚𝑎𝑥

= 1 , leading to

𝛽 =1−𝛼
The exponent n is adjusted to minimize the sum of the squared differences between the datasheet
values and the calculated values.
Table 3 indicates the values of  and n obtained for the selected compressors. Fig. 4 shows the
quality of the fitting, all coefficient of correlation being greater than 0.999.
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Table 3.  and n coefficients used in Eq. (1)
for selected compressors
Model
LR-L2655S-28
MR-M2655S-28
RR-R2240S-28
WR-W2240S-28

a
0.566
0.564
0.578
0.568

n
1.424
1.432
1.404
1.437

Figure 4 : example of fitting for compressor
WR-W2240S-28

3.2. Introducing a variable speed device
In order to better adjust the refrigeration capacity to the refrigeration needs, the implementation of
variable speed device on compressor is often recommended. It is well known that these VSD allow
energy savings. It is also well known that the efficiency of the electric motor somewhat decreases
with the adopted frequency, and that a low limit of frequency has to be fixed in order to prevent
lubrication concerns and motor warming-up.
VSD can be implemented in complement of slide valve action :
 While VSD low limit is not reached, VSD is actioned in proportion of the needs
 Below this limit, VSD is fixed to the minimum possible value, and the refrigeration
production is adjusted to the need by acting the slide valve.
As a first approach, we propose to model the consequence of both actions on the performances of
compressors by moving the base line (linear behavior between 0 and 1) to a affine straight line
1−𝜂
𝐹𝑟𝑒𝑞.
defined
as:
𝑦 = 𝐴 𝑥 + (1 − 𝐴)
where
𝐴 = (1−𝑥𝑚𝑖𝑛 ),
𝑥 = 50 ,

Freq = applied frequency (Hz) and min =motor efficiency at Freqmin .

𝑚𝑖𝑛

Fig. 5 illustrate the assessed performance of compressor WR-W2240S-28 with la limit of VSD fixed
at 25 Hz (that is  / max = 50%) and with min =90% at Freqmin = 10 Hz.

a- performances of the compressor

b- Position of actuators

Figure 5 : Performance of a screw compressor associating slide valve and VSD

For some compressors, the low limit of acceptable frequency could be lower, especially if a
lubricant pump and an additional cooling system of the motor are installed. The maximum Freq
could also be geater than 50 Hz. These two points would further improve the benefits of VSD.
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4. EVALUATION OF DIFFERENT CONTROL STAGTEGIES
The approach presented above allows the assessment of the performances of compressors when
their refrigeration capacity is adjusted by using slide valve and/or variable speed device.
The different control strategies introduced in paragraph 2.3 are compared in Fig. 6.
4.1. Evaluation of Coefficient of performances

a- without VSD
b- With VSD on the biggest compressor
Figure 6 : COP of the different control strategies vs refrigeration capacity

The observation of Fig. 6 indicates that :
 The use of only one big compressor (strategy 1) delivers lowers COP, even if VSD is used
in complement of slide valves
 The use of two compressors (strategy 2) delivers better COPs, especially at low charge
when using VSD
 The use of 3 compressors delivers the best COPS on a wide range of refrigerating
capacities, and especially at low charge.
It also appears that the global energy consumption of the installation depends on the histogram of
refrigeration needs.
4.2. Evaluation of energy consumption
In order to assess the best strategy to be retained for the studied case, these results are applied to
the chronogram presented paragraph 2.1.
Results are presented in the table 4
Table 4. Weekly electric consumption of the different studied strategies

Strategy 1
Strategy 1 + VEV
Strategy 2.1
Strategy 2.2
Strategy 2.2 + VEV
Strategy 3.1
Strategy 3.2
Strategy 3.2 + VEV

MWh / week
33.0
27.5
27.4
26.7
25.2
29.6
28.5
24.8
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5. CONCLUSION
For the chronogram corresponding to the studied application, it is confirmed that:
 the fractionation of the refrigerating capacity led to lower energy consumptions : for the
studied case, installing 2 or 3 compressors instead of a big one allows to reduce the energy
consumption of 15 to 20%.
 the use of variable speed devices (on the biggest compressor) led to substantial energy
savings : for the studied case, it allows to reduce the energy consumption in between 5
and 15% depending on the number of installed compressors.
For the studied case, the installation of 3 compressors with VSD on the biggest of them led to the
lowest energy consumption. For instance, and compared to the lowest investment cost (only one
big compressor without VSD), savings of 8.2 MWh / week – it is 410 MWh / year can give precious
information on the payback time necessary to balance the incremental investment cost.
It is important to mention that a different histogram of refrigeration needs would lead to somewhat
different result. For instance, a histogram centered around high refrigeration needs would privilege
the functioning at high charge, and therefore would disadvantage the use of small compressor –
generally presenting poorest COP at high charge than bigger compressors.
Nevertheless, the approach presented in this paper would benefit to be used for many industrial
configurations.
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ABSTRACT
An experimental investigation was conducted to observe the effect of sub-cooling degree on the
mass flow rate of R-134a through a diabatic laterally configured straight capillary tube. The variation
of mass flow rate of refrigerant through the capillary with the sub-cooling degree is observed to be
independent of capillary tube geometry and the inlet pressure. When the diameter of the capillary
tube decreased from 1.52 mm to 1.27 mm, the mass flow rate through the capillary tube also
decreased by 16 percent. Also The mass flow rate of refrigerant was observed to increase by 12 to
17 percentage in all the tested capillary tubes with an increase of sub-cooling from 6°C to 9°C.
Keywords: Capillary tube, Expansion, Pressure, Refrigerant, Sub-cooling, Two-phase Flow.

1. INTRODUCTION
The capillary tube with usual dimensions of diameter from 0.5 mm to 2.0 mm and length from 1.0 m
to 6.0 m is used in the low capacity refrigerating systems like domestic refrigerators and window air
conditioners. With the simplicity, low cost, zero maintenance and low torque requirement to the
compressor, capillary tubes are widely used in vapor compression system. The dependence of mass
flow rate of R-12 and R-22 on inlet sub-cooling degree was experimentally investigated by Bolstad
and Jordan (1948) and Cooper et al. (1957), a linear variation has been observed. Lathrop (1948)
and Prosek (1953) showed that mass flow rate had proportional dependence on inlet sub-cooling
degree. Jabaraj et al. (2006) investigated the effect of refrigeration sub-cooling on the mass flow rate
of HCFC22 and HFC407C/HC600a/HC290 through the capillaries. The mass flow rate through an
adiabatic capillary with diameter 1.397 mm, increases with the increase of sub-cooling for a given
condensing temperature.
The metastable flow of pure refrigerants R-134a and R-600a and refrigerant-oil mixtures through
capillary tubes was studied by Silva Huerta et al. (2007). The influence of inlet sub-cooling, internal
diameter and inlet pressure on the underpressure of vaporization has been investigated. An increase
of metastable liquid region retarding the flashing flow inception of mixture was occurred in case of
mixture due to oil presence as compared to pure R-134a. The above was verified at low sub-cooling
degree where a little liquid superheating is required to begin the nucleation. Khan et al. (2008)
demonstrated the effect of various geometric parameters on mass flow rate of R-134a through an
adiabatic spirally coiled and a straight capillary tube for different inlet sub-cooling degrees. The mass
flow rate through the coiled capillary is reduced by 5-15% as compared to straight capillary tube for
similar operating conditions and is due the coiling of the capillary tube. As fact that, the variation of
mass flow rate of R-134a with inlet sub-cooling is follows same trend as the R-407C discussed in
further sections. In the present study a total of nine capillary tubes (combination of diameter and
length) were tested with different operating conditions viz., varying capillary tube inlet pressure and
inlet sub-cooling degree. The effect of inlet operating conditions and the geometry of the capillary
tube were examined.

2. EXPERIMENTAL SET-UP AND PROCEDURE
An experimental set-up is a simple vapor compression system provided with expansion device of
capillary tube in which the high pressure refrigerant expanded to a low pressure. A schematic sketch
of an experimental setup is shown in Fig.1. The low pressure refrigerant enters the evaporator (coil-
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in-shell type heat exchanger) where the load was given by an electric heater. The heat load can be
varied by using variac through which the power supply given to heater. An agitator is provided in the
evaporator to maintain the uniform bulk mean temperature. The vapor refrigerant coming out from
evaporator coil enters the compressor through an accumulator which avoids the liquid refrigerant to
enter the compressor. An open type compressor run by three phase motor with belt and pulley
system has been used in the set-up. The high pressure vapor emerged from compressor enters the
condenser through an oil separator which separates the oil particles from refrigerant. The
superheated vapor condensed to the saturated liquid in water cooled condenser. The saturated liquid
is collected in a receiver to ensure the continuous supply of refrigerant to the capillary tube. A driercum-filter was used to remove any moisture or foreign particle present in the refrigerant. A hand
operated expansion valve was fitted between the condenser and evaporator to bypass the excess
refrigerant into the evaporator to avoid the accumulation of refrigerant at the inlet of the capillary tube
and to control the evaporator pressure. A Coriolis flow meter was fitted to measure the mass flow
rate of high pressure liquid refrigerant.

Major components: 1.Compressor 2.Condenser 3.Expansion Device/Test section 4.Evaporator
Auxiliary components: 5.Oil separator 6.Receiver 7.Drier-Filter 8.Sub-cooler 9.Preheater 10.View glass
11.Hand operated expansion valve 12.Chiller unit 13.Centrifugal pump 14.variac 15.Shutoff valve 16.Electric
motor 17.Electric heater
Measuring devices: 18.Pressure transducer 19.Thermometer 20.Coriolis flow meter 21.Thermocouple
Figure 1: Schematic diagram of experimental set-up

A sub-cooler is provided with chiller unit connected to it which supplies the chilled water to sub-cool
the refrigerant. The chilled water circulates in sub-cooler by means of centrifugal pump. A preheater
is arranged after sub-cooler, to vary the sub-cooling degree and which was controlled by variac. A
needle valve is provided at the inlet of capillary tube, to regulate the pressure of refrigerant entering
the capillary tube. A sight glass was also fitted to visualize the state of refrigerant entering the
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capillary tube. To read the temperature along the capillary tube length T-type thermocouples with an
accuracy of ±0.2% were fitted. The pressure transducers having an accuracy of ±0.25% FS
(2000kPa) were used to measure the refrigerant pressure.
2.1.

Instrumentation

A simple thermometer was fitted to condenser to measure exit temperature of cooling water. The
pressure taps as shown in Fig. 2(a) were provided at critical locations viz., condenser line, capillary
inlet, suction line and capillary exit. The pressure transducers having an accuracy of ±0.25% FS
(2 MPa) were used to measure the refrigerant pressure. A total of eight T-type thermocouples (21)
with an accuracy of ±2% are fitted along the length and two of the same were fitted at entry and exit
of a capillary tube. These thermocouples attached directly on to the tube surface as shown in Fig.
2(b). Hand shut-off valves (15) were fitted before and after to every major component for ease of
repairs, if any.

Figure 2: Provision of measuring instruments (a) Pressure tap (b) T-type thermocouple

3. RESULTS AND DISCUSSION
The diabatic capillary tubes of different
combinations of length and diameter were
tested to study the flow characteristics of a
refrigerant. The parametric study of the
capillary tube helps to design a capillary tube
i.e. deciding the dimensions of a capillary
tube. The effect of inlet sub-cooling degree on
the mass flow rate of refrigerant, has also
been examined. The inlet sub-cooling degree
was varied from 3-12°C. All the capillary
tubes were tested under three different inlet
pressures. Thus, the effect of capillary inlet
pressure on the mass flow rate has been
revealed.
3.1.

Performance of a Capillary Tube

The performance of refrigeration system can
Figure 3: Temperature profiles showing
be estimated with the drop in temperature of
the performance of capillary tube
refrigerant while flowing through an
expansion device. The temperature of
refrigerant entering the evaporator is defined by the pressure difference across the expansion
device. In the present study the capillary tube fulfils the function of expansion device and designed
to drop the pressure of refrigerant as well as to regulate the flow of refrigerant to the evaporator.
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The Fig. 3 Shows the temperature profiles along the length of the capillary tube. Fig. 3 plotted for
the temperature as an ordinate and capillary tube length as an abscissa. From the Fig. 3, it is noted
that the temperature reduces significantly with the increase of capillary tube length. The variation of
temperature drop with respect to capillary tube diameter was noticed to be insignificant. The drop in
temperature at the end portion of the capillary tube is predominant. This is due to the fact that; the
pressure drop is high in case of two phase flow. During the liquid length of the capillary tube the drop
in pressure is less as compared to two phase length.
3.2.

Effect of inlet operating conditions on mass flow rate

The variation of mass flow rate with capillary inlet sub-cooling for the different lengths, diameters
and capillary inlet pressures was shown in Fig. 4. The mass flow rate for all the diameters and lengths
is observed to be increase with the raise of inlet sub-cooling degree.
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Figure 4: Variation of mass flow rate of R-134a with inlet sub-cooling degree for different length,
diameter and inlet pressure of a diabatic straight capillary tube

As an example, in the capillary tube (d = 1.27 mm & L = 1.5 m), the raise of sub-cooling degree from
6°C to 9°C resulting the mass flow rate to increase by 14 percent. The capillary tube flow can be
divided into two regions of liquid at the entrance and two-phase mixture at the exit of the capillary
tube. The flash point shifted away from the capillary inlet with increased sub-cooling degree and
resulting longer liquid length of refrigerant flow inside the capillary tube. The quality at the exit of
capillary tube was reduced with increase of sub-cooling degree due to longer liquid length. This
phenomenon leads to high mass flow rates inside the capillary tube to overfeed the evaporator. The
above observed less in case of smaller diameter due to high flow resistance, resulting in smaller
liquid lengths. The temperature along the capillary tube length from the inlet to exit is observed to be
reduced while the quality of refrigerant increasing.
A significant effect of capillary tube inlet pressure on the mass flow rate of refrigerant was also
noticed. The mass flow rate data scattered up with the raise of capillary inlet pressure. This may be
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due to the more driving force at the entrance of the capillary tube. For the 9°C inlet sub-cooling, as
the capillary inlet pressure increased from 480 kPa to 565 kPa, the average rise in refrigerant mass
flow rate is 9.3%, 8.8% and 7% for the capillary tube diameters of 1.52 mm, 1.27 mm and 1.18 mm
respectively. However, as compared to the inlet sub-cooling degree the effect of pressure on the
mass flow rate of the refrigerant was significantly low.
3.3.

Effect of geometry on mass flow rate

The geometry of the capillary tube also showed significant effect on the refrigerant flow. The longer
tube and reduced diameter of the capillary tube leads to low mass flow rate inside the capillary tube.
As an example, when the diameter of the capillary tube decreases from 1.52 mm to 1.27 mm, the
mass flow rate through the capillary tube is decreased by 16 percent. Fig. 5 shows the variation of
mass flow rate of refrigerant inside capillary tube with respect to capillary length.
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Figure 5: Variation of mass flow rate of R-134a with respect to capillary length

3.4.

Non-dimensional correlation to predict the mass flow rate data

The mass flow rate of refrigerant through a capillary tube is observed to be influenced by the
geometry of the capillary tube, inlet operating conditions. The Buckingham-𝜋 model has been
developed to evaluate the parametric change in mass flow rate with respect to the geometry, inlet
operating conditions and thermo-physical properties. The Eq.1 shows mathematical representation
of mass flow rate as a function of influencing variables.
Eq.(1)
𝑚̇ = 𝑓 {𝑑, 𝐿𝑐𝑎𝑝 , 𝑃𝑖𝑛,𝑐 , 𝜌𝑓 , 𝜇𝑓 , 𝐶𝑝𝑓 , ∆𝑇𝑠𝑢𝑏 }
Eq.1 can also be written in the form of 𝜋-groups as follows.
𝜋1 = 𝑓 {𝜋2 , 𝜋3 , 𝜋4 }

Eq.(2)

Table 1. Description of non-dimensional parameters

𝝅-Group

Mathematical formula

Consideration

Description

𝝅𝟏

𝑚
⁄𝑑𝑐 𝜇𝑓

Mass flow rate

Reynolds effect

𝝅𝟐

𝑃𝑖𝑛,𝑐𝑎𝑝 𝜌𝑑𝑐2
⁄ 2
𝜇𝑓
𝐿𝑐𝑎𝑝
⁄𝑑
𝑐
∆𝑇𝑠𝑢𝑏 𝐶𝑝 𝜌2 𝐿2
⁄ 2
𝜇𝑓

Capillary tube inlet
pressure
Full length of capillary tube

Condenser pressure

Capillary tube inlet subcooling

Degree of sub-cooling

𝝅𝟑
𝝅𝟒

Geometry effect

The non-dimensional 𝜋-groups were derived by eliminating the primary dimensions of mass, length
and time (Khan et al., 2008; Melo et al., 1999). The non-dimensional 𝜋-groups were intend to
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describe (refer Table 1) the operating parameters and geometry. The Eq.2 further simplified to form
a non-linear equation as follows.
Eq.(3)
𝜋1 = 𝐾. 𝜋2𝑎 . 𝜋3𝑏 . 𝜋4𝑐
A multiple variable regression method was applied to set of experimental data to evaluate the above
constants. The Eq.3 solved for the minimum error from measured data and which is reduced to the
following generalized semi empirical correlation as Eq.4. The proposed correlation predict the
measured mass flow rate within the error band of ±20 percentage.
𝜋1 = 0.431. 𝜋20.296 . 𝜋3−0.176 . 𝜋40.721

Eq.(4)

The above correlation is valid for 3°C ≤ ∆𝑇𝑠𝑢𝑏 ≤ 12°C; 470 kPa ≤ 𝑝𝑖𝑛 ≤ 650 kPa; 1.18 mm ≤ 𝑑 ≤
1.52 mm; 1.0 mm ≤ 𝐿 ≤ 2.0 mm;

4. CONCLUSIONS
The following conclusions are drawn from the above investigation on the diabatic flow of R-134a:
1. The mass flow of refrigerant is increased by 12-21 percentage, with the increase of subcooling degree of R-134a.
2. Small diameters lead to high pressure drop and thereby low temperatures are achieved at
the exit of the capillary tube.
3. The effect of sub-cooling and geometry is found to be independent. The geometry of capillary
tube shows predominant effect on the mass flow rate of refrigerant.

NOMENCLATURE
pin
T

Inlet pressure (kPa)
temperature (°C)
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ABSTRACT
In the last years, CO2 is acquiring a lot of weight in refrigeration due to the reduction of the use of
HFCs, but its energy performance in some working conditions decreases significantly.
The energetic parameters of the cycle can be improved by subcooling the gas at the exit of the
gas-cooler, especially at high hot sink temperatures, as presented in recent studies. The purpose
of this work is to do a thermodynamic study of subcooling systems in order to quantify these
improvements.
The analyzed subcooling systems are the dedicated mechanical subcooling and the integrated
mechanical subcooling. Using simplified models of the systems, the optimum working conditions
are evaluated and discussed, obtaining the increments in COP and cooling capacity compared to
the base cycle.
The systems are evaluated in a theoretical way for different environmental and evaporating
conditions, in order to determine the overall energy performance improvement obtained thanks to
the subcooling systems.
Key-words: CO2, mechanical subcooling, integrated, dedicated, COP, Cooling capacity

1. INTRODUCTION
Refrigeration and air conditioning account for 17% of the total electricity consumption in the world
according to the IIR (International Institute of Refrigeration, 2015). In addition, 2% of the total
emissions of greenhouse gases in the world are caused by emissions to the atmosphere of
refrigerants used in these systems (IPCC, 2014), the also called F-Gas, collected in the Kyoto
Protocol (United Nations, 1997) and recently in the Montreal Protocol through the Kigali
agreement. Considering the predominance of vapor compression systems in the refrigeration
sector in the last 20 years (International Institute of Refrigeration, 2007), the industrialized
countries must develop more efficient and environmentally responsible equipment.
The recent restrictions approved in Europe to reduce emissions of fluorinated refrigerants
significantly condition the current commercial refrigeration market. The European F-Gas
Regulation (European Commission, 2014) limits the use of these gases in order to reduce the
environmental impact they generate, aiming to reduce the amount of HFCs with high global
warming potential (GWP) present in the market, up to 79% by 2030. This framework has given way
to the use of refrigerants with low GWP, such as natural refrigerants or HFOs. The use of these
fluids reduces the direct impact of refrigeration (emissions to the atmosphere) but, due to their
lower performance, the direct impact of their use increases: the electrical consumption of the
installations increases.
For centralized commercial refrigeration systems, CO2 is seen as the generalized option in the
colder countries of Europe in recent years, since it has a GWP = 1, is non-toxic, nonflammable,has good heat transfer characteristics and operates with a good level of energy
efficiency. But its use in warm countries is not so widespread since at high ambient temperatures
the energy efficiency reached by the CO2 cycles is much lower than that of the HFC-based
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facilities. It is therefore necessary to search for solutions to achieve new competitive CO2
equipment in regions whose annual average temperature exceeds 15ºC, thus reducing emissions
and always adapting to regulations.
In last years, some alternatives based on subcooling CO2 gas have been studied in order to
improve their performance, either thanks to the intermediate heat exchanger (IHX), or, more
recently, in combination with a dedicated mechanical subcooling cycle. Both alternatives present
improvements in the performance of the cycles. On the one hand, the IHX allows the increase of
the COP and the cooling capacity of the system but modifies the suction conditions of the
compressor, thus increasing the compression work and significantly increases the discharge
temperature, which is detrimental to its operation (Llopis et al., 2015). More recently, the dedicated
mechanical subcooling cycle has been studied, which allows not only to increase the refrigeration
production of the plant but also to reduce the optimum working pressure of this cycle. Llopis et al.
(2015) applied this system from a theoretical perspective to a transcritical CO 2 cycle, determining
that the increase in efficiency that this system can provide is around 23% at high hot sink transfer
temperatures, thus guaranteeing energy efficiency in zones of warm weather. Later, Llopis et al.
(2016) presented the experimental validation of these theoretical results, where it was observed
that the limits of energy improvement are superior to those established by the conservative
theoretical simulations. Finally, and less studied, we find the integrated mechanical subcooling
cycle, which is a cycle that provides subcooling using a CO2 compressor. The effect of this
subcooling system is similar to the rest: the specific cooling capacity is increased but the electrical
consumption also increases, as in the case of the dedicated cycle, since an additional compressor
is needed. The effect of this cycle has not been studied either theoretically or experimentally so far
and therefore it is necessary to know in detail its behavior to determine its effect and interest.
Therefore, this work aims to study solutions that improve the performance of CO 2 cycles,
responding to environmental and technological needs. Specifically, it focuses on the two cycles of
mechanical subcooling: the dedicated and the integrated, in order to contribute to the
implementation of CO2 systems in warm areas, defining which of them is most suitable for
implementation.

2. MODEL DESCRIPTION OF THE SUBCOOLING SYSTEMS
In order to compare both subcooling cycles, each of them has been modeled to study them
theoretically under different conditions. In this section the cycles and the calculations models are
descripted.

Figure 1. Esquema of the cycle with IMS (left) and with DMS (right)

2.1.
Integrated mechanical subcooling
The CO2 cycle with integrated mechanical subcooling (Fig.1 left) has a single working fluid: carbon
dioxide. Part of the CO2 is extracted from the exit of the gas-cooler (𝑚̇𝑖𝑚𝑠 ) and expanded in order
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to use it to subcool the rest of the gas going through the subcooler. Then, the extracted rate is
recompressed and returned to the main cycle. The rest of flow (𝑚̇𝑜 ) is expanded and arrives to the
evaporator and the main compressor, while the back-pressure valve regulates the discharge
pressure. Before the gas-cooler entrance, both flows are re-mixed (𝑚̇𝐶𝑂2 ).
The benefits provided by the subcooling are an increase of the specific cooling capacity, a
reduction of the optimum gas-cooler pressure (compression ratio decreases) and a decrease of the
specific compression work, which increase the capacity and the COP of the overall system. The
calculations are carried out considering that the temperature at the exit of the gas-cooler is:
Eq. (1)

𝑇𝑔𝑐,𝑜 = 𝑇𝑒𝑛𝑣 + 𝑎𝑝𝑝𝑟𝑜𝑎𝑐ℎ
The subcooling degree defines the temperature at the exit of the subcooler:

Eq. (2)

𝑇𝑆𝑈𝐵 = 𝑇𝑔𝑐,𝑜 − 𝑆𝑈𝐵

The evaporation level in the subcooler is defined by a pinch temperature referring to the
temperature at the exit of the subcooler, being the pinch 2K when working in transcritical and 5K in
subcritical conditions.
Eq. (3)

𝑇𝑜,𝑖𝑚𝑠 = 𝑇𝑆𝑈𝐵 − 𝑝𝑖𝑛𝑐ℎ

The RU considered is 10K in the evaporator and 5K in the IMS evaporator/subcooler. The behavior
of the compressors is defined by its volumetric and global performance curves, defined as shown
in Eq. (4) and Table 1, obtained from the manufacturer data.
𝑃𝑑𝑖𝑠
𝜂𝑉 = 𝜂𝐺 = 𝑎0 + 𝑎1 · 𝑃𝑠𝑢𝑐 + 𝑎2 · 𝑃𝑑𝑖𝑠 + 𝑎3 · (
) + 𝑎4 · 𝑣𝑠𝑢𝑐
Eq. (4)
𝑃𝑠𝑢𝑐
Table 1. Coefficients for volumetric and global performance curves of main and IMS compressors

Transcritical

a0
a1
a2
a3
a4

ηv
1.04732360
0.00310608
-0.00299916
0.00121579
-11.12818829

ηg
0.76339328
-0.00209763
0.00134440
-0.05713840
0.54246804

Subcritical

ηv
1.03502109
0.00187469
-0.00173232
-0.05880831
-3.61739020

ηg
0.48684658
-0.00860962
0.01152106
-0.26866360
20.84319985

The mass flow rates 𝑚̇𝑜 and the nominal for the IMS compressor (𝑚̇𝑖𝑚𝑠,𝑛𝑜𝑚 ) are obtained from
volumetric efficiencies of each compressor as shown in Eq. (5).
̇
𝑉𝑔̇
𝑉𝑔,𝑖𝑚𝑠
Eq. (5)
𝑚̇𝑜 = 𝜂𝑣 ·
;
𝑚̇𝑖𝑚𝑠,𝑛𝑜𝑚 = 𝜂𝑣 ·
𝜈𝑠𝑢𝑐
𝜈𝑠𝑢𝑐,𝑖𝑚𝑠
The real mass flow rate in the IMS is defined by the optimum subcooling degree, as shown in
Eq.(6):
(ℎ𝑔𝑐,𝑜 − ℎ𝑠𝑢𝑏 )
Eq. (6)
𝑚̇𝑖𝑚𝑠 = 𝑚̇𝑜 ·
(ℎ𝑠𝑢𝑐,𝑖𝑚𝑠 − ℎ𝑔𝑐,𝑜 )
And the main mas flow rate is:
𝑚̇𝐶𝑂2 = 𝑚̇𝑜 + 𝑚̇𝑖𝑚𝑠

Eq. (7)

The relation between the needed mas flow rate and the nominal one will determine the
compressor’s rotational speed and consequently the power consumption:
𝑚̇𝑖𝑚𝑠
𝑁 = 1450 ·
Eq. (8)
𝑚̇𝑖𝑚𝑠,𝑛𝑜𝑚
𝑁
Eq. (9)
𝑃𝑐,𝑖𝑚𝑠 = 𝑃𝑐,𝑖𝑚𝑠,𝑛𝑜𝑚 ·
1450
The capacity and COP of the cycle are evaluated as follows:
𝑄̇𝑜 = 𝑚̇𝑜 · (ℎ𝑠𝑢𝑐 − ℎsub )
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𝐶𝑂𝑃 =
2.2.

𝑄̇𝑜
𝑃𝑐 + 𝑃𝑐,𝑖𝑚𝑠

Eq. (11)

Dedicated mechanical subcooling

The aim of the dedicated mechanical subcooling (Fig.1 right) is the same as the IMS: subcool the
gas at the exit of the gas-cooler in order to enhance COP and capacity. In this case, the DMS is an
external cycle coupled thermally with the CO2 main cycle through the subcooler. The DMS cycle
works with R152a. The main effects of the subcooling are the same: reduction of the gas-cooler
pressure, reduction of the specific compression work and increment of the specific cooling
capacity.
Temperatures at the exit of the gas-cooler and at the exit of the subcooler are evaluated as in the
IMS. To obtain DMS condenser outlet temperature (𝑇𝑘,𝑑𝑚𝑠 ) an approach temperature to the
environment of 10K is chosen, Eq. (12).

𝑇𝑘,𝑑𝑚𝑠 = 𝑇𝑒𝑛𝑣 + 10𝐾

Eq. (12)

The evaporation level of the DMS is obtained considering an efficiency of 60% for the heat
exchanger, obtained experimentally. The parameters of the main cycle are obtained from the main
compressor curves that are the same as in the IMS (Eq. 4 and Table 1). The DMS compressor
behavior is defined by Eq. 4 and coefficients from Table 2.
Table 2. Coefficients for volumetric and global performance curves of DMS compressor

a0
a1
a2
a3
a4

Transcritical & Subcritical
ηv
ηg
0.99260315
0.9691981
0.09931207
-0.1177961
0.02478241
0.02630836
0.07862542
-0.04952195
0.76829186
-0.60421472

The CO2 mass flow rate is obtained as shown in Eq. 5 as well as the DMS nominal mass flow rate,
while the real mass flow rate in the DMS is defined by the heat balance in the subcooler, and
depends on the optimum subcooling degree:
𝑚̇𝑑𝑚𝑠 = 𝑚̇𝑜 ·

(ℎ𝑔𝑐,𝑜 − ℎ𝑠𝑢𝑏 )
(ℎ𝑠𝑢𝑐,𝑑𝑚𝑠 − ℎ𝑒𝑥𝑝,𝑑𝑚𝑠 )

Eq. (13)

As it happens in the IMS, in this system the DMS mass flow rate determines the compressor’s
rotational speed and the power consumption:
𝑚̇𝑑𝑚𝑠
𝑁 = 1450 ·
Eq. (14)
𝑚̇𝑑𝑚𝑠,𝑛𝑜𝑚
𝑁
Eq. (15)
𝑃𝑐,𝑑𝑚𝑠 = 𝑃𝑐,𝑑𝑚𝑠,𝑛𝑜𝑚 ·
1450
The capacity and COP of the cycle are evaluated as follows:
𝑄̇𝑜 = 𝑚̇𝐶𝑂 · (ℎ𝑠𝑢𝑐 − ℎsub )
2

Eq. (16)

𝑄̇𝑜
Eq. (17)
𝑃𝑐 + 𝑃𝑐,𝑑𝑚𝑠
All the thermodynamic properties have been calculated with the REFPROP software (Lemmon et
al., 2013). This simulation allows to study the cycles in transcritical and subcritical mode, varying
the working pressure (in transcritical) for different ambient temperatures and evaporation levels. In
the simulation of this model the modifiable parameters are the working pressure and the degree of
subcooling, thus allowing to obtain the optimum points of operation: maximum COP.
𝐶𝑂𝑃 =
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3. RESULTS
Different levels of evaporation in the CO2 evaporator are simulated: from -15ºC to +5ºC covering a
wide range of ambient temperatures that varies between 15ºC and 40ºC. The transcritical mode is
simulated when for the same ambient temperature; the COP in transcritical mode is higher than in
subcritical mode, being the transition zone always between 22ºC and 25ºC of hot sink. In
transcritical regime gas-cooler pressures are simulated between 74bar and 120bar until finding the
optimal point, while the degree of subcooling is optimized at the same time. The results are
compared to the base cycle with internal heat exchanger (IHX), considered with an efficiency of
40%.
Fig. 2 displays the main points of each cycle for an evaporation level of 0ºC and ambient
temperature of 35ºC. It can be seen that the three cycles experiment an increase of the specific
cooling capacity due to the subcooling made by the additional heat exchanger (the IHX or the
subcooler). This enhancement produces also a reduction in the vapor quality, which improves the
heat exchange in the evaporator. As it can be seen, the IMS and the DMS prevent the overheating
in the compressor suction temperature, getting lower discharge temperatures. The subcooling also
reduces the optimum gas-cooler pressure, being the lowest one the discharge pressure of the IMS.

Figure 2. Ph diagram of the cycles: base with IHX (black), with IMS (blue) and with DMS (green)

In order to quantify the positive effects of both sistems, the COP and cooling capacity are studied
along the range of environmental temperatures.
3.1.

COP

The COP obtained in the simulations corresponds to the maximum possible COP of each working
condition, without physic limits of the cycle components, therefore, in some working points, the
compression rate of the IMS compressor is less than 1.5. According to the manufacturer, this low
compressor ratio would be out of the recommended application range, but data has also been
considered.
In Fig. 3 (left) we can observe the evolution of each cycle’s COP for the range of environment
temperatures. For all the cycles, the trend is to go to lower values of COP when higher is the
temperature, but both the DMS and the IMS represent an important increment in terms of COP
with respect to the cycle with IHX. Between the DMS and IMS the difference is very light, being the
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IMS a bit greater in the zone of temperatures between 23ºC and 33ºC. Fig. 3 (right) shows the
compression rate (τ) of the auxiliary compressor, of the DMS in green and in blue for the IMS. It
can be notice that for the IMS the τ is smaller, being near the manufacturer’s limit of 1.5; even
sometimes below it, so the simulation of the cycle must be fixed to this limit to well adapt to the
compressor operating region, so it will not be working on the optimal conditions.

Figure 3. Evolution of COP vs environement temperature and compression rates of auxiliary
compressors

Fig. 4 shows the increments of COP obtained with the MS with respect to the base cycle (Eq. 18),
limiting the compression rate to 1.5 or more. This has an effect in some of the IMS points (blue)
that are no more the highest ones, and now in some points, the increment obtained by the DMS
(green) is greater.
∆𝐶𝑂𝑃 (%) =

𝐶𝑂𝑃𝑀𝑆 − 𝐶𝑂𝑃𝐼𝐻𝑋
× 100
𝐶𝑂𝑃𝐼𝐻𝑋

Eq. (18)

Figure 4. Increments of COP with respect to the base cycle for the IMS (blue) and the DMS (green)

3.2. Cooling Capacity
The increments on cooling capacity (Eq. 19) can be shown in Fig. 5 for an evaporation level of 0ºC
and -10ºC.
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∆𝑄𝑂 (%) =

𝑄𝑂 𝑀𝑆 − 𝑄𝑂 𝐼𝐻𝑋
× 100
𝑄𝑂 𝐼𝐻𝑋

Eq. (19)

Figure 5. Increments of Qo with respect to the base cycle for the IMS (blue) and the DMS (green)

For low temperatures, the IMS gets a higher increment and it is larger when higher is the
environment temperature. But when the exit of the gas-cooler is in the critical region, the
increments are a bit reduced being this trend modified due to the physical restrictions of the
components. At the highest temperatures, the DMS cycle is the one that reaches a higher
enhancement, being it the most significant for the lowest evaporation level.

4. CONCLUSIONS
The current state of the refrigeration has forced to develop new solutions that allow reducing his
impact, obtaining refrigeration plants with better performance and reducing the use of high GWP
gases. In this work, two modifications of simple CO2 systems have been theoretically evaluated as
an alternative to the classic cycles, with the aim of making this natural refrigerant competitive in hot
climates where until today they were not viable due to their low performance. The cycles studied,
the dedicated mechanical subcooling and the integrated mechanical subcooling, provide numerous
benefits to the classical system, such as a considerable increase in the COP and also in the
cooling capacity of the system. The increases achieved, both in COP and power, are very
important, reaching high levels above all for very high temperatures, where simple CO2 systems
drastically reduce their performance. For each range of temperature, there is one cycle that fits
better: for warm and medium temperatures the IMS has better conditions while for very high
ambient temperatures, the DMS gets higher enhancements. While both cycles have shown a very
similar effect, it is necessary to do an experimental study of these systems to define more
accurately their behavior, in order to optimize these systems for each climate.
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NOMENCLATURE
COP
GWP
h
IHX
𝑚̇
N
p

coefficient of performance
global warming potential
enthalpy, kJ·kg-1
internal heat exchanger
mass flow rate,kg·s-1
compressor speed, rpm
Absolute pressure, bar

Subscripts
dis
dms
env
exp
g
gc

compressor discharge
dedicated mechanical subcooling
environment
expansion
global
gas-cooler
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Pc
Power consumption, kW
Q
Cooling capacity, kW
RU
degree of superheat, K
s
entropy, kJ·kg-1·K-1
SUB
degree of subcooling, K
T
Temperature, ºC
̇𝑉𝑔
compressor displacement, m3·s-1
Greek symbols
∆
increment
η
performance
τ
compression ratio
specific volume,m3·kg-1
𝜈

ihx
ims
in
k
nom
o
out
sub
suc
v

internal heat exchanger
integrated mechanical subcooling
inlet
condensing level
nominal
evaporating level
outlet
subcooled
compressor suction
volumetric

REFERENCES
European Commission, 2014. Regulation (EU) No 517/2014 of the European Parliament and of the
Council of 16 April 2014 on fluorinated greenhouse gases and repealing Regulation (EC) No
842/2006.
International Institute of Refrigeration, 2007. Refrigeration drives sustainable development. State of
the Art - Report Card. . IIR/IIF–UNEP.
International Institute of Refrigeration, 2015. 29th Informatory Note on Refrigeration Technologies.
The Role of Refrigeration in the Global Economy. IIR, France.
IPCC, 2014. Climate Change 2014: Synthesis Report. Contribution of Working Groups I, II and III to
the Fifth Assessment Report of the Intergovernmental Panel on Climate Change [Core Writing
Team, R.K. Pachauri and L.A. Meyer (eds.)]. IPCC, Geneva, Switzerland, 151 pp.
Lemmon, E.W., Huber, M.L., McLinden, M.O., 2013. REFPROP, NIST Standard Reference Database
23, v.9.1. National Institute of Standards, Gaithersburg, MD, U.S.A.
Llopis, R., Cabello, R., Sánchez, D., Torrella, E., 2015a. Energy improvements of CO2 transcritical
refrigeration cycles using dedicated mechanical subcooling. International Journal of Refrigeration
55, 129-141.
Llopis, R., Nebot-Andrés, L., Cabello, R., Sánchez, D., Catalán-Gil, J., 2016. Experimental evaluation
of a CO2 transcritical refrigeration plant with dedicated mechanical subcooling. International
Journal of Refrigeration 69, 361-368.
Llopis, R., Sanz-Kock, C., Cabello, R., Sánchez, D., Torrella, E., 2015b. Experimental evaluation of
an internal heat exchanger in a CO2 subcritical refrigeration cycle with gas-cooler. Applied Thermal
Engineering 80, 31-41.
United Nations, 1997. The Kyoto Protocol to the Framework Convention on Climate Change. 1997.
Available at: <http://unfccc.int/essential_background/kyoto_protocol/background/items/1351.php>.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2089

Manuscript ID: 407
DOI: 10.18462/iir.icr.2019.0407

Performance Analysis of Vapor Compression Refrigeration
Systems with Oil-free Linear Compressor Vapor Injection and
Regeneration
Xinye ZHANG1, Davide ZIVIANI2, James E. BRAUN3, Eckhard A. GROLL4
Center for High Performance Buildings, Purdue University, Ray W. Herrick Laboratories
West Lafayette, IN 47907, USA
1
xinye@purdue.edu, 2dziviani@purdue.edu, 3jbraun@purdue.edu, 4groll@purdue.edu

ABSTRACT
Previous studies showed that compressor vapor injection combined with economizing increases the
efficiency of vapor compression cycles by decreasing compressor specific work and increasing
cooling capacity. However, most of the previous studies focused on injection for scroll/screw
compressors with oil or vapor gas, which limits the refrigerant compatibility and compressor designs.
Recently, linear compressors have drawn much attention due to their high efficiencies and oil-free
operation. The unique design of linear compressors allows the integration of cooling paths into the
piston-cylinder assembly to cool the compressor by an economizing refrigerant. This paper proposes
an oil-free linear compressor piston-cylinder cooling design and assesses its potential for
approaching a quasi-isothermal compression process through utilization of refrigerant economizing
and regeneration technology. A system simulation model was developed and used to analyze the
system performance. Performance comparisons between the proposed system and a conventional
system are presented along with an assessment of the improvement of system efficiencies.
Keywords: Linear Compressors, Vapor Injection, Regeneration, Oil-free, Energy Efficiency.

1. INTRODUCTION
Compressor performance is often referenced to one of three ideal reference processes: adiabatic,
polytropic, and isothermal. These different reference processes have been extensively investigated
and compared (Heidari et al., 2014). It is well known that an adiabatic and reversible (isentropic)
compression process requires more work input than an isothermal and reversible compression
process for the same suction conditions and discharge pressure. However, in order to establish an
isothermal process, the heat generated during the compression process must be removed from the
system at the same rate that it is added by the mechanical work of compression. Isothermal
compression processes are extremely difficult to achieve due to the fact that two opposing effects
need to be balanced. On the one hand, the isothermal compression process needs to occur in small
confined volumes at very high speeds in order to achieve high efficiencies. On the other hand, the
heat transfer process needs to take place over large surfaces at very slow velocities to achieve high
effectiveness. As a consequence, isothermal compression has not been approached in a real
application.
In the literature, different approaches have been investigated to approach an isothermal
compression process. For instance, the use of multi-stage compression with inter-cooling could be
used to remove the compression heat. However, this approach results in complex systems with high
manufacturing costs. Heidari et al. (2017) designed, manufactured, and analyzed a finned piston
compressor and an equivalent electric analogy was used to simulate the transient heat transfer
process inside the compressor. The results showed that the temperature rise during compression
decreased by 33% in the proposed design compared to a conventional process. Penazzo (2018)
proposed an aqueous foam liquid compressor. In particular, a large heat transfer area as well as a
high heat transfer coefficient were achieved with such design. It was reported that the proposed
design reduced the discharged temperature approximately by 15 oC and improved the compressor
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efficiency by 4 to 8%. The challenging part of the aforementioned novel compressor designs are the
high manufacturing and maintenance costs. In addition, the selection of the working fluids and the
scale of application are also limited.
Other popular techniques to achieve a quasi-isothermal compression process are fluid injection
during the compression process and liquid-flooded compression. The injected fluid can be
superheated, two-phase, or subcooled refrigerant. The most common fluid to flood the compression
process is a lubrication oil. A detailed comparison of four different vapor compression cycle (VCC)
performances using refrigerant injection was conducted by Heo et al. (2011) by utilizing the
combination of a sub-cooler and flash tank. It was experimentally observed that the cycle
configuration slightly improved the system capacity, but the system COP did not change significantly.
Shuxue and Guoyuan, (2011) characterized the performance of a heat pump coupled with
economized vapor injection. In this study, the optimal injection location and the injection ratio were
discussed in-depth, and the system performance was improved by approximately 4%. Bell et al.
(2010) investigated the feasibility of achieving a quasi-isothermal compression by employing oilflooding. The proposed cycle configuration included an internal regenerator. The theoretical and
experimental analyses resulted in cycle efficiency improvements between 5% and 20% depending
on the operating conditions.
By surveying the literature, it is apparent that most of the researchers focused on scroll and screwtype compressors due to their favorable designs that allow an easier integration of the injection ports
and their suitability for flooded compression. However, limited work was found related to vapor
injected linear compressors.
In this paper, a novel cylinder cooling design in a linear compressor and its evaluation when
integrated within a VCC are presented. A thermodynamic system model was developed in order to
conduct parametric studies, which were further used to identify the key parameters and compare the
designed system with a conventional VCC.

Figure 1: Schematic of an integrated vapor injection and piston-cylinder cooling system.

2. VAPOR INJECTION CYCLE WITH PISTON COOLING
Linear compressor technology is characterized by the absence of a crank mechanism, which has
gained increasing attention for application to vapor compression systems due to its compactness
and lower friction losses in comparison with conventional reciprocating compressors. Furthermore,
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the absence of a crank mechanisms allows for oil-free operation. The absence of oil eliminates
refrigerant compatibility issues and opens up more options for environmentally-friendly working
fluids. Furthermore, the appropriate working fluids can be selected to operate at higher temperatures
and pressures. Lastly, oil-free design significantly reduces the costs associated with filter
replacement and oil condensate treatment. Due to its compactness and scalability, the linear
compressor is an appealing technology for domestic and miniature-scale refrigeration systems,
which have space constraints. The reduction of space occupied by the compressor enables of the
use of additional components in alternative system configurations that can improve overall efficiency
for space-constrained systems.
The schematic of the proposed system architecture is shown in Fig. 1. Two distinct system features
can be noted: (1) a regenerator transfers heat from the liquid refrigerant exiting the condenser to the
compressor suction line to ensure high superheat at the compressor inlet; (2) two-phase refrigerant
at an intermediate pressure is injected into compressor cooling paths to enable a quasi-isothermal
compression process (Domanski, 1995; Domanski et al.,1994). In this configuration, the sub-cooled
refrigerant, exiting the condenser at state point 7 is divided into two flow paths, i.e., injection line and
evaporation line. The flow in the injection line is throttled to an intermediate pressure at state point 8
and passes through piston cylinder cooling paths absorbing the heat from the compression chamber
to a superheated injected vapor at state point 10, also shown in Fig. 2. The injected flow and the
compressed vapor, already inside the compression chamber at state point 2, are mixed and
compressed together from state point 3 to state point 4. On the other hand, the liquid to evaporator
line enters the regenerator and exchanges heat with the refrigerant vapor exiting from the
evaporator. Then, the liquid refrigerant with higher subcooling at state point 11 is throttled and
passes through the evaporator to state point 14.
Fig. 2 shows the cylinder-piston assembly that includes cooling paths and cylinder injection. The
coolant inlet is the two-phase refrigerant that has been throttled from the liquid line to an intermediate
pressure between condensing and evaporating pressures (state 8 in Fig. 1). The coolant passes
through cooling paths around the compressor chamber to absorb the heat from compression
process, as shown in Fig. 2(a), and is evaporated to a superheated vapor at the exit. The coolant
flow can be controlled to maintain a desired exit superheat by a thermal expansion valve within the
cycle.

(a)

(b)

Figure 2: Proposed piston-cylinder cooling assembly; (a) top view of the piston cylinder integrated
with cooling paths; (b) side view of the piston with vapor injection port.

With the help of the connecting pipe (not shown in the schematic), the superheated vapor at state
point 10 is injected into the compression chamber through the cylinder wall, as indicated in Fig. 2(b).
The timing of the vapor injection process is determined by the location of the reciprocating piston.
For example, when the piston is at location A in Fig. 2(b), the chamber pressure is below the
intermediate injection pressure and the injection flow will be pushed into the compressor chamber.
However, if the piston moves over the injection port, e.g., location B, the injection port will be blocked
by the piston wall and there is no further vapor injection until the next cycle. However, some backflow from compression chamber to the injection line could occur due to the differential pressure, and
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it may result in a small amount of internal leakage in the compressor. Therefore, the location of the
vapor injection port should be chosen wisely.
The state points of the aforementioned thermodynamic cycle are shown in P-h and T-s diagrams in
Fig. 3. In particular, different solid line colors indicate different flow paths, and the dash black lines
represent the thermodynamic process of a conventional VCC having the same compressor
efficiency. It can be seen in Fig. 3(b) that the compressor inlet temperature in the new design (point
1) is significantly higher than that of the conventional cycle, which is due to the use of the regenerator
to achieve high superheat. The injection flow at the intermediate pressure is mixed with compressed
gas from state point 2 and then compressed together to state point 4 with lower discharge
temperature compared to the conventional cycle.

(b)

(a)
Figure
3:
Vapor
injection
(a) P-h diagram; (b) T-s diagram.

cycle

system

with

cylinder

cooling

design:

3. CYCLE MODELING AND RESULTS
A thermodynamic cycle model has been developed and was used to analyze the proposed system
and predict its performance in comparison to the baseline system. As previously outlined, the primary
differences between the baseline and proposed system are the vapor injection line, the regenerator,
and the cylinder cooling design. A simplified regenerator model with a constant effectiveness is used
to model the heat exchange between the compressor suction line and liquid line after the condenser.
Moreover, the cylinder cooling effects are considered in a new linear compressor simulation model
with constant cylinder wall temperature, which is intimately linked to the cylinder wall temperature
and heat transfer surface area. The mixing process between the injected flow and compressed flow
is modeled by imposing a mixture energy balance and calculating the resulting mixture temperature.
For the baseline system, the compressor was modeled with a specific isentropic efficiency. The
cooled compressor in the proposed system was modeled using polytropic efficiency to account for
the significant heat transfer during the compression process. It is also worth pointing out that a
cylinder cooling efficiency is used to represent the heat transfer ratio between heat rejection from
the compression chamber and heat absorption to the two-phase flow inside the coolant passage.
The in-cylinder compression process is modeled as a two-stage compression process with
intercooling due to the injection process at the intermediate pressure. The cylinder wall temperature
and therefore, the in-cylinder heat transfer during the cooling process is significantly affected by the
intermediate pressure (and the corresponding intermediate temperature). The simulation system
model described above was employed to investigate the system performance. The inputs to the
model are listed in Table 1.
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Table 1. Inputs used for the system simulation model

Description
Working Fluid
Evaporating Temperature
Condensing Temperature
Superheat Temperature
Subcooling Temperature
Compressor Efficiency

Parameter
Tevap
Tcond
ΔTsup
ΔTsub
ηcom

Proposed Sys.
R134a
-30
30
5
5
0.8

Baseline Sys.
R134a
-30
30
5
5
0.8

Unit
o
C
o
C
o
C
o
C
-

Cylinder Cooling Efficiency
Regenerator Efficiency
Intermediate Pressure Ratio

ηcyl
εre
PRint

0.85
0.8
2.5

-

-

Fig. 4 and Fig. 5 depict different injection processes at different intermediate pressures ratios. It can
be seen that a smaller intermediate pressure ratio results in lower cylinder wall temperatures, which
results in more heat removal from the compression chamber as a larger temperature difference
exists for the in-cylinder heat transfer. In addition, larger cooling capacities can be obtained at lower
intermediate pressures for the cylinder cooling, which is determined by the enthalpy change between
state points 10 and 8. Therefore, with the decrease of the intermediate pressure ratio from 4.5 to
1.5, the compressor discharge temperatures decrease accordingly (state points 4c, 4b, 4a), which
makes the overall two-stage compression process (1 to 4) closer to a quasi-isothermal process (also
see Fig. 6). For that reason, the polytropic index n approaches unity (isothermal process), which
leads to a decrease in reversible polytropic and actual specific work. However, a lower intermediate
pressure also leads higher bypass flow to the compressor and reduced refrigerant flow through the
evaporator. Thus, there is an optimum intermediate pressure.

Figure 4: T-s diagram of vapor injection cylinder cooling system with different intermediate pressures.

Fig. 6 depicts the variation of the compressor temperature rise as a function of different intermediate
pressure ratios for three different values of the regenerator efficiency. As previously discussed,
decreasing intermediate pressure leads to a reduced temperature rise due to a lower coolant
temperature. Moreover, it is also observed that a higher regenerator efficiency leads to a lower
temperature rise since a higher inlet temperature allows for larger temperature difference for incylinder heat transfer.
However, the refrigerant flow to the evaporator decreases with increasing flow to the compressor as
the intermediate pressure is reduced. This leads to a reduction in system cooling capacity which
counters the positive effect of reduced compressor specific work. Therefore, there is an optimal
intermediate pressure for the best system performance, which is very similar to a standard multiple-
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stage compression process. Fig. 7 shows system COP as a function of intermediate pressure ratio
for different regenerator efficiencies. The optimum intermediate pressure ratio is between about 5
and 6 for this case. COP increases with regenerator efficiency, but it has an insignificant effect on
the optimum intermediate pressure that maximizes COP.

Figure 5: P-h diagram of vapor injection cylinder cooling system with different intermediate pressures.

Figure 6: Compressor temperature rise versus intermediate pressure ratio for different regenerator
efficiencies.

To further investigate the benefits of the designed cylinder cooling and vapor injection system with
respect to the conventional vapor compression system, the simulation model is exercised to account
for different operating conditions. To ensure a consistent comparison, all selected operating
conditions are imposed to both cycle architectures, and the COP improvements from the
conventional cycle is used as the parameter to identify the differences. Additionally, some of the
common working fluids are selected to quantify the effect of working fluid selection on the system
performance. It is shown in Figure 8 that the designed system has higher COPs than that of the
conventional vapor compression system for all four selected refrigerants. In particular, an
improvement can be found with the use of refrigerant R1234yf operating at lower evaporating
temperatures because the proposed system can reduce the desuperheating loss, which is a
predominant loss in the conventional vapor compression system when the evaporating temperature
drops for a constant condenser temperature.
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Figure 7: System COP versus intermediate pressure for different regenerator efficiencies.

Figure 8: System COP improvements from a conventional VCRC versus evaporating temperature for
different working fluids.

4. CONCLUSIONS AND FUTURE WORK
This paper presents a new concept of an oil-free linear compressor with piston/cylinder cooling,
vapor injection, and regeneration. The performance of this technology was assessed for a number
of different refrigerants and operating conditions using a system simulation model. Several
conclusions can be drawn from the results as follows:
•

The proposed system design can significantly reduce the compressor temperature rise
compared to a conventional system, but the temperature rise depends on the intermediate
pressure.

•

There is an optimum intermediate pressure for cylinder cooling and vapor injection in terms
of achieving the best overall system COP.

•

Although overall system performance is strongly dependent on the regenerator effectiveness,
the optimum intermediate pressure is relatively insensitive to the regenerator effectiveness.

•

The proposed system showed between 10% and 18% improvements in performance
compared to the conventional system. The greatest improvements occurred with R1234yf as
the working fluid, especially at larger temperature lifts.

Future work will involve development of an improved piston-cylinder design with enhanced heat
transfer surfaces. Once the designs are finalized, the core elements will be 3-D metal printed. The
printed elements will be assembled into linear compressor prototypes, which will be used for
performance characterization and model validation.
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NOMENCLATURE
p
T
ε
cond
com
Hx
Int
sup

pressure (kPa)
temperature (oC)
regenerator efficiency (-)
Subscripts
condensing
Compressor
Heat exchanger
Intermediate
superheat

PR
η
VI

pressure ratio (-)
efficiency (-)
vapor injection

evap
cyl
re
sub

evaporating
cylinder
regenerator
subcooling
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ABSTRACT
Using water as refrigerant requires to work at operating condition close to its triple point. At these
low pressures, knowledge on heat transfer phenomena is insufficient. Thus, in order to increase
experimental data available in this range of pressure, the impact of the channel thickness on the
performance of a low pressure smooth plate-type evaporator is studied. Performances obtained
with a channel thickness of 2 mm, 4 mm and 6 mm are compared. It is shown that although the
performances might slightly increase with the increase of the channel thickness, for some
operating conditions the trend is reversed. In all the experimental domain covered, the highest
cooling capacity is obtained for a thickness of the channel of 2 mm.
Keywords: Subatmospheric pressure, Water, Narrow spaces, Plate heat exchangers,
Evaporators.

1. INTRODUCTION
Due to a change of several mechanisms, like the flattened of bubbles which foster site-seeding or
an increase of the velocity of the feeding fluid at the channel entrance, heat transfer could be
enhanced in confined space. At low heat fluxes, this enhancement could be all the more significant
as the thickness of the narrow channel decreases. However, according to several authors, this
trend is observed only at low heat fluxes and for a thickness of the narrow channel lower than a
given thickness (Katto and Yokoya, 1966, Bonjour, 1996, Ait Ameur, 2006). This given thickness
σ
is commonly accepted to be given by the capillary length ( g(ρ l - ρ v ) ). If the thickness of the

narrow space is higher than the capillary length, bubbles are not affected by the confinement.
However, heat transfer is degraded as the confined plate prevents both the formation of convective
cells above the heated surface and the rise of vapor masses created (Stutz et al., 2009). If the
thickness of the narrow space is lower than the capillary length, bubbles are flattened and the
enlarged microlayer fosters the evaporation at low heat fluxes. According to Ait-Ameur (2006), the
best performance would then be obtained for a thickness given at 0.25 time the capillary length.
Indeed, several authors observed that, when a very narrow space is given, the heat transfer is
degraded whichever the given heat flux (Katto and Yokoya, 1966, Bonjour, 1996, Ait Ameur,
2006). This is due, according to Ait Ameur (2006), to the viscous effects limiting the increase of
the velocity for very small channels thicknesses.
When boiling water at subatmospheric pressure, bubbles of centimeter size are observed (Van
Stralen et al., 1975). The capillary length in this range of pressure is, however, of a few millimeters
(e.g. 2.7 mm at 2 kPa). Thus, transition given by the literature and mentioned previously may be
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different at subatmospheric pressure. Indeed, there is a factor 100 between the capillary length
and the bubbles departure diameter observed by Van Stralen et al. (1975). The effect of the
confined space should then be observed even for channel thicknesses higher than the capillary
length. It might be also possible that the given thickness of the channel is very narrow compare to
the size of the bubble. A degraded heat transfers may be observed whichever the confined space
and the heat flux given. Yet, to optimize evaporators used in this range of pressure (for example
in chillers using water as refrigerant), is fundamental to apprehend these phenomena. Thus,
experiments were conducted in a smooth plate-type heat exchanger in which the spacing of the
working fluid could be set at 2, 4 or 6 mm (i.e. for channel thicknesses lower and higher than the
capillary length). After a short presentation of the experimental set-up, experimental and
theoretical results based on a mathematical model obtained following the design of experiments
methodology are shown. Results obtained with a high-speed camera (3000 fpr, resolution 1024 x
800) are then discussed before concluding the paper.

2. EXPERIMENTAL SET-UP
The experimental set-up is the same as used in Giraud et al. (2016). It is a pump-assisted closedloop thermosiphon which allow to set operating conditions that might occur in chillers working with
water as refrigerant (R-718). It is constituted by a condenser, a smooth stainless steel plate
evaporator, a liquid supply line and a vapor exhaust line (Fig. 1). The saturation temperatures are
set by means of two heating/cooling devices (B1 and B2). A third heating device (B3) is used to
set the fluid temperature at the expander inlet so that it corresponds to the temperature of the
refrigerant at the condenser outlet in a chiller.

Figure 1: Drawing of the experimental test setup

In the liquid line, the water is fed into the evaporator by three tubes of 2 mm inner diameter. Once
the refrigerant is vaporized, the fluid flows back to the condenser through the vapor line. The
condenser is a stainless steel vessel of 300 mm inner diameter and 720 mm height. An oversized
copper-tube coil heat exchanger is located inside the container in order to condense the vapor
along the outer surface of the tube and in order to store the refrigerant at liquid state. The
evaporator (Fig. 2) is made up of two stainless steel plates and one transparent PMMA (polymethyl
methacrylate) plate of 500 mm height and 200 mm width. The transparent PMMA plate is used as
the external plate on the refrigerant side in order to observe boiling phenomena by means of a
high-speed camera. The central plate of the evaporator is made of 6 mm stainless steel in order
to allow the insertion of 44 thermocouples (22 homogeneously distributed for each side of the
central plate) and avoid any buckling without disturbing the flow. Three different spacing can be
chosen between the PMMA plate and the central plate (refrigerant side): 2 mm, 4 mm and 6 mm.
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The spacing between the two stainless steel plates (secondary fluid side) is set at a given value
of 1 mm.

Visualization

PMMA
plate

refrigerant

stainless steel
plates

secondary fluid

Figure 2: Schematic of the evaporator

K-type thermocouples are inserted at different points of the test facility. They allow to measure the
temperatures with an accuracy of ± 0.1 K at the inlet and outlet of each component for the two
fluids (primary and secondary). Five pressure transducers measure the absolute pressure at
different points of the test rig with an accuracy of ± 0.075% of the reading.
In order to promote nucleate boiling, the parallel flow configuration was chosen in agreement with
the results obtained by Clause et al. (2011) for a heat exchanger of similar size. The coolant mass
flow rate is adjustable by manipulating the valve noted V8 on Fig. 1 and its flow rate is measured
using an electromagnetic flow meter (F2) in a range of 1-2 dm3.min-1 and with an accuracy of
± 0.5% of the measured flow rate.

3.THERMAL BEHAVIOR
The experimental domain covered during these studies is given in Table 1. Experimental data are
homogeneously distributed in this experimental domain (i.e. if one considers a chart of four
dimensions, each set of operating conditions given are located at equal distance of each other).
Table 1. Domain covered by the experimental test

Parameters
Filling ratio (Hl)
Temperature set point at the condenser (bath B2 - Tsf)
Temperature set point at the thermostatic bath B3
Temperature set point at the evaporator (bath B1 – Tsf,in)
Channel thickness (refrigerant side - e)

Field
[5 – 25] cm
[2 – 15] °C
[30 – 45] °C
[0 – 25] °C
2 mm, 4 mm, 6 mm

3.1 Experimental results
Time-averaged data obtained during this experimental campaign are shown on Fig. 3. They are
calculated as the mean value of data obtained every one second during at least 20 minutes once
steady state is set on. In the Fig. 3a, results obtained for a channel thickness of 2 and 6 mm are
compared to data obtained for 4 mm (diagonal of the graph). The Fig. 3b introduced the
characteristics of the exchangers (a modified overall heat transfer coefficient and the mean
logarithm temperature difference) for all the data. The modified overall heat transfer coefficient
(K*) is calculated by considering the entire heat exchanger surface (liquid area + vaporization area
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+ vapor area) and the logarithmic mean temperature difference in the vaporization area (called
falling film area in Giraud et al., 2016):
𝐾∗ =

$̇&''(

Eq. (1)

)∆+,-

With:
∆𝑇01 =

+23,56 7+23,'89
:; (

=23,56 >=3?9
=23,56 >=3?9

Eq. (2)

)

Where Tsat is the saturation temperature of the fluid at the free interface (Giraud et al., 2017).
Although this coefficient has no physical meaning, it could be seen as an apparent overall heat
transfer coefficient taking into account that the liquid area is essential to the generation of a large
bubble and to the projection of liquid up to a certain height, but that the effective variation of
temperature is only due to the phase-change in the falling film area. Its underestimates the
effective overall heat transfer coefficient due to the evaporation of the film.
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Figure 3: time-averaged a) cooling capacities and b) global heat transfer coefficient for a thickness
of the channel of 2, 4 and 6 mm

During operating conditions leading to cooling capacities from 0 to 350 W, one might see on
Fig. 3a that performances obtained slightly increase with the increase of the channel thickness.
Then, for higher cooling capacities, performances are better with a narrow channel of 2 mm thick.
However, this trend is not significant and the experimental uncertainties must be taken into
account. These uncertainties, calculated from the logarithm method (which overestimate the
uncertainties), vary from 6 to 20 %, which correspond to a variation of around +/- 20 W for each
data. Nevertheless, one can clearly see that, even with an overestimation of the uncertainties, a
given narrow channel of a thickness of 2 mm leads to the best but also to the worst performances
in the experimental domain covered. Time-averaged cooling capacities obtained for e = 4 mm and
e = 6 mm are instead quite similar. The difference observed between in one hand a channel
thickness of 2 mm and in other hand channel thicknesses of 4 and 6 mm may be due to the
significance of the capillary forces. Indeed, a channel thickness of 2 mm is lower than the capillary
length whereas thicknesses of 4 and 6 mm are higher than this one (whichever operating
conditions set in this paper). As for phenomena linked to the flattened of bubble, bubbles are
probably large enough with respect to the channel thicknesses to do not significantly change
phenomena occurring inside the channel.
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3.2 Mathematical model (DOE Methodology)
Mathematical models were developed for each thicknesses tested following a Design Of
Experiments methodology of Doelhert type (Goupy, 2000). In order to validate these models,
twenty-four set of operating conditions were chosen arbitrarily in the entire experimental domain.
Set of operating conditions leading theoretically to the best performances for each thicknesses
were also given. Models developed allow to predict the mean experimental cooling capacities for
each of these set of operating conditions and each thicknesses at +/- 15 % (Fig. 4).
600
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4 mm

6 mm

500

Qcool, exp (W)

400

+ 15 %

300

- 15 %

200
100
0

0

100

200

300

Qcool,th (W)
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Figure 4: Validation of models obtained by a DOE methodology

According to these models, the thickness which leads to the best performances depends on
running conditions (Fig. 5).
.

.

.

.

a)

∆T (K)

b)

∆T (K)

Figure 5: Theoretical response areas for a) Hl = 10 cm; b) Hl = 20 cm (TB3=37.5 °C)

According to Fig. 5, as the working pressure increases (increase of Tsf), the performances obtain
with a channel thickness of 2 mm increase. For a filling ratio of 20 cm, it shows the best
performance at low superheat (∆T) and relatively high pressure (Tsf of 5 °C corresponds to a
working pressure of around 9 mbar). At low filling ratio (10 cm), the best performances with
e = 2 mm will be obtained for high superheat whatever the working pressure. Still according to
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these models, in the experimental domain covered, the best performance will be obtained for a
thickness of 2 mm (compared to 4 and 6 mm). Indeed, models predicts an optimal performance
of 508 +/- 22 W for 6 mm; 500 +/- 20 W for 4 mm and 553 +/- 24 for 2 mm. The best performance
was however experimentally found for 6 mm (533 +/- 2 W versus 503 +/- 30 W for 2 mm and 531
+/- 14 W for 4 mm). However, the experimental data obtained for e = 2 mm may not be relevant
for this point since a lot of refrigerant were evacuated off the evaporator by the vapour flow and
the filling ratio couldn’t be hold with the current experimental set-up. Moreover, the model may not
be valid since there is thus a change in the vaporisation mechanisms. In any case, this situation
should be avoided since a refrigerant evacuated without being evaporated could damage the
compressor if a mechanical compressor is used or lead to a drastic decrease of the performance
of the system if a thermal compressor is used.

4. VISUALIZATION
Results obtained with the high speed camera show that the vaporization mechanism is relatively
similar for a channel thickness of 4 mm and 6 mm: the liquid is splashed on the wall, a downward
liquid flow is observed and evaporation immediately takes places. Example of this vaporization
phenomenon is shown on Fig. 6. On contrary, for a thickness of the channel of 2 mm, for several
set of operating conditions, the liquid is splashed on the wall but an upward flow is observed and
droplets are dragged by the vapor flow or trapped between the two surfaces disturbing the flow.
Areas of fluid recirculation were observed around the droplets trapped between the two walls. Dry
spots are also observed. Thus, the area of the liquid film is increase thanks to the vapour flow but
its follow a preferential path which lead to a thicker film and dry patch and thus to the decrease of
heat transfer mechanism. An illustration of this vaporisation phenomena is shown on Fig. 7. The
difference of performances obtained for e = 2mm may be also explained by the way the bubble
breaks. Indeed, a defragmentation of the bubble is observed for almost all the set of operating
conditions tested when the bubble is growing. An example of this phenomenon is given in Fig. 8.
Contrary to what happen for 4 and 6 mm, droplets are thus not projected homogeneously into the
wall above the free interface but following the “arms” formed by the bubble when breaking.
5 cm

5 cm

5 cm
5 cm

5 cm

Falling film

Falling film

t = 0 ms

t = 160 ms

t = 210 ms

t = 520 ms

Figure 6: Video sequence of phenomena observed inside the channel of the evaporator for
e = 4 mm (Hl = 15 cm, Tsf = 8.5 °C, Tfs,in = 17.5 °C) (Giraud et al., 2016)
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Dry patches

tvisu
tvisu + 70 ms
tvisu + 150 ms
tvisu + 200 ms
tvisu +360 ms
Figure 7: Video sequence of phenomena observed inside the channel of the evaporator for
e = 2 mm (Hl = 25 cm, Tsf= 14 °C, Tfs,in= 28 °C)
Droplets trapped

Bubble fragmentation

t = 190 ms
t = 210 ms
t = 230 ms
t = 170 ms
Figure 8: Bubble fragmentation observed for e = 2 mm (Hl = 15 cm, Tsf = 10 °C, Tfs,in= 19 °C)

Others phenomena could explain the difference between performances obtained for 4 or 6 mm
and performances obtained for 2 mm such as the presence or not of heat transferred by
convection and the size of the bubbles. Indeed, visualization shows that the free interface is
always moving for a thickness of 4 mm and 6 mm. On the contrary, for e = 2 mm, the movement
of the free interface rapidly vanishes after the growth and the breaking of large bubbles. Moreover,
for e = 2 mm, the apparent bubbles size (recalculated from the area observed on pictures and the
channel thickness set) are smaller than bubbles observed for a thickness of 4 mm and 6 mm.
Thus, the heat transferred by convection after the rupture of the membrane is probably lower.
Another phenomenon to consider is the bubbles frequency. The mean wall temperature is higher
at 2 mm than at 4 mm and the bubbles frequency is higher. Thus, the liquid film is more often
regenerated, the mean thickness of the falling film is thus thicker which leads to lower mean heat
transfer coefficient.

5. CONCLUSION
According to results obtained from visualization and from transducers (thermocouples and
pressure transducers), there is a change in vaporization mechanisms between in one hand, 2 mm,
and in other hand, 4 and 6 mm. Since a thickness of 2 mm is lower than the capillary length and
4 and 6 mm are higher than this one (whichever operating conditions set in this paper), these
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results are probably mainly due to the significance of the capillary forces. As bubbles observed
are much larger than the channel thickness set, phenomena due to the flattened of the bubble
cannot be observed with this experimental campaign.
In order to further observe the influence of the channel thickness on phenomena observed,
experimental campaigns must be conducted with several channel thickness thicker and narrower
than the capillary length. Some tests should be also conducted with a channel thickness larger
than the bubble size. Then, efforts must be done to increase the accuracy of results obtained.

NOMENCLATURE
channel thickness (m)
e
Hl
filling ratio (m)
K*
overall heat transfer coefficient
(W.m-2.K-1)
𝑸̇𝒄𝒐𝒐𝒍 Cooling capacity (W)

T
temperature (K)
t
time (s)
subscrits
in,fs inlet secondary fluid
visu visualization
sf
cold sink
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ABSTRACT
Industrial waste streams can be upgraded efficiently with heat pumps. However, heat pumps are
rarely used in industry. One of the main problems is long payback periods. Compression-resorption
heat pumps (CRHPs) have potentially a better performance than traditional technologies for
industrial applications when there is a temperature glide of the heat sink or source. CRHPs
normally use ammonia-water as working fluid. Alternative working fluids have the potential to
increase the performance even further. NH3-CO2-H2O has been identified as a potential candidate
and heat exchanger experiments confirmed that the heat transfer rate increases compared to
ammonia-water. In this study the effects of this mixture on the compressor of CRHPs are
investigated. The preliminary results indicate that adding similar amounts of CO2 as in the heat
exchanger experiments has a positive effect on the isentropic efficiency of the compressor so that
a significant performance increase can be expected for the CRHP system.
Keywords: CRHP, wet compression, twin screw compressor, NH3-CO2-H2O, NH3-H2O

1. INTRODUCTION
It is a well-known fact that we need to act quickly if we want to reduce the effects of global
warming. We need to start using renewable energy sources to a larger extent, and we also need to
become more energy efficient. Industry is a large consumer of energy, in Europe it is responsible
for approximately a quarter of the final energy consumption (European Council, 2014). Heat pumps
can efficiently upgrade industrial waste streams and in that way make industrial processes more
efficient. However, heat pumps are barely implemented and one of the main reasons according to
the International Energy Agency (IEA) is its large payback periods (IEA, 2014).
Compression-resorption heat pumps (CRHPs) utilizing wet compression have the potential to have
a better performance than traditional technologies to upgrade industrial waste streams where there
is a temperature glide of the heat source and/or heat sink. The working fluid in CRHPs is a mixture
that is typically ammonia-water. However, alternative mixtures can have even better performance.
Gudjonsdottir et al. (2017) studied NH3-CO2-H2O as a possible candidate. Their study suggested
that, in some cases, the mixture can increase the coefficient of performance (COP) with
approximately 5 % compared to only operating with ammonia-water. In this study the compressor
efficiency was assumed to be constant. Shi et al. (2017) experimentally studied the performance of
that mixture in a mini-channel heat exchanger. Those experiments did indeed indicate an increase
in the heat flow rate when CO2 was added to an ammonia water mixture. In this study the
compressor performance is studied as well as the entire heat pump cycle with and without added
CO2. The results suggest that the isentropic efficiency slightly increases by adding CO2 to
ammonia water and as well the delivered heat. This indicates that there might be even a larger
gain than previously expected on the performance of CRHPs with added CO2.

2. THEORETICAL MODEL OF WET COMPRESSION WITH NH3-CO2-H2O
To study the compressor performance with NH3-CO2-H2O a compressor model is needed as well
as thermodynamic properties such as enthalpy and specific volume of the mixture. For this
purpose a model developed by Gudmundsdottir (2018) is used. This model is a simple and fast
twin screw compressor model. The model was developed in Matlab operating with ammonia water
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as a working fluid. Ammonia-water is a widely used mixture and its thermodynamic properties can
be found in thermodynamic libraries such as REFPROP (Lemmon et al., 2013). The properties of
NH3-CO2-H2O are not as widely investigated and section 2.2 discusses possible implementations.
2.1.

The twin screw compressor model

Various twin screw compressor models have recently been developed (see for example Cao et al.
(2011), Chamoun et al. (2013), Jianfeng et al. (2009), and Tian et al. (2017)) and they normally
consist of a geometry part and a thermodynamic part. A common problem is that the detailed
geometry of a compressor is not readily available. Therefore, Gudmundsdottir (2018) constructed
generic geometry profiles using the available profiles from Tang (1995) and Zaytsev (2003). The
main geometrical characteristics of the compressor that is used for further analysis in this study are
listed in table 1.
Table 1. Main geometrical characteristic of the compressor used in this study

Maximum volume per cavity, m3

6.04·10-5

Length of the compressor rotors, mm
Rotational speed, rpm
Number of lobes on male rotor
Number of lobes on female rotor
Clearances, μm
Discharge opens at, º
Stop angle, º
Mechanical efficiency, %

337·10-3
10,000
5
6
50
690
760
90

In the thermodynamic model the conservation equations for mass and energy developed by
Zaytsev (2003) are solved. The mass conservation is defined as:
n
 v  n  dmout 
 dmin   1 dV  ∂v  dT 
dp
1
=
−
  ∑ 

 − ∑
 +

dϕ  =
∂v   m  k 1 =
 dϕ  k k 1  dϕ  k  m dϕ  ∂T  P , x dϕ 
 
 ∂p T , x

Eq. (1)

The energy conservation equation as
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 ∂T  P , x
 dT  p , x  ∂v   ∂T  P , x
 ∂p T , x  dT  p , x
 
 ∂p T , x

Eq. (2)

The equations are solved with a simplified iteration scheme similar to that of Chamoun et al. (2013)
where the compression cycle (suction, compression and discharge) are divided into small finite
control volumes. Initially, the compression process is solved without any leakages and then
including the main leakages encountered in a twin screw compressor. That is through the contact
line between the two rotors, the sealing line between the tip of the rotors and the housing, the cusp
blowhole at the high pressure side, the compression start blowholes at the suction side and
through the discharge end clearances. The iteration goes on until the pressure during the
compression process, at 530 º, converges to a value of less than 1 Pa. A schematic of the model is
shown in Fig. 1. The only part of the model that has to be modified when changing the working fluid
is the Thermodynamic property model.
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Figure 1: Schematic structure of the compressor model. (Gudmundsdottir, 2018)

2.2.

Thermodynamic properties of NH3-CO2-H2O

Gudjonsdottir et al. (2017) studied the thermodynamic properties of NH3-CO2-H2O and developed a
version in Aspen Plus suitable for heat pump applications. There are several ways of implementing
this model in Matlab including:
1. Implementing the physical properties of the ternary mixture as a Matlab executable function
(MEX).
2. Creating a direct connection between Matlab and Aspen.
3. Generating tables using the thermodynamic model available in Aspen.
4. Developing equations as a function of the pressure and temperature using the Aspen
model.
The first option is eliminated for being too time consuming. The second option as well since the
computational time is significantly longer than for the last two options. The last option was initially
the preferred option since it does save significant memory compared to the third option, however,
fitting for example the enthalpy to the pressure and temperature (see equation 3) resulted in too
large deviations compared to the Aspen model, of up to 20 %
h( p, T ) = a ( p ) ⋅ eb ( p )T + c ( p ) ⋅ e d ( p )T

Eq. (3)

Only fitting to the temperature at fixed pressure resulted in acceptable results (less than 1%
deviation), but then the results need to be interpolated between different pressure levels. This will
always result in larger inaccuracies than using directly the Aspen data in table form. Therefore, for
the desired conditions, tables have been generated from the Aspen model and implemented in the
compressor model.

3. RESULTS
3.1.

The compressor model

There are various parameters that affect the compressor performance, for example, compressor
clearances, rotational speed and operational parameters such as the ammonia concentration,
vapor quality and the pressure ratio. To make a fair comparison of added CO2 these parameters
are kept constant. In order to keep the vapor quality constant, the suction pressure and
temperature are slightly varied for each case. During the calculation, the specific volume at the
inlet is kept constant as well. This is done because the specific volume has influence on the mass
flow displaced by the compressor. In case the specific volume is larger, the compressor needs to
be larger to displace the same mass flow, and the capital cost becomes higher. In that case, the
addition of CO2 can still be disadvantageous and thus the size of the compressor is kept constant
as well. An overview of the properties used in the comparison are listed in table 2.
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Table 2. Properties used for comparing the performance of a compressor operating with 0, 2.5, 5
and 10 wt% CO2 addition to ammonia water.

CO2 concentration, wt%
NH3 concentration, wt%
H2O concentration, wt%
Specific volume at the suction, kg m-3
Pressure ratio
Suction pressure, bar
Discharge pressure, bar

0
20
80
1.064
5
1.0
5.0

2.5
20
77.5
1.068
5
0.965
4.825

5
20
75
1.068
5
0.952
4.76

10
20
70
1.067
5
0.917
4.585

Suction temperature, °C
90.0
88.3
87.3
84.8
Vapor quality at suction, 0.63
0.63
0.63
0.63
Fig. 2 shows the results from the compressor model and table 3 lists the resulting isentropic
efficiencies. From the table it is seen that by adding small amounts of CO2 a slight increase is
observed in the efficiency up to a certain limit where it starts to decrease again. However, it is also
clear from Fig. 2 that the operating temperatures are slightly different to maintain more or less the
same conditions as discussed above. In practice a certain heat sink and source are available and
needed at certain temperature levels. Therefore, the following section looks at the effects that
added CO2 will have on the entire heat pump cycle.
Table 3. Isentropic efficiencies, with and without mechanical losses, for different concentrations
of CO2.

CO2 concentration, wt%
ηis,%
ηtot,%

0
77.25
69.53

2.5
79.95
71.96

5
80.77
72.69

10
80.33
72.30

Figure 2: Pressure (left) and temperature (right) during the compression process for 0, 2.5, 5 and 10
wt% added CO2.

3.2.

The complete heat pump cycle

To evaluate the performance two applications are analysed. The first one where a waste stream of
60 °C is upgraded to 105 °C and the second where a waste stream of 95 °C is upgraded to 140 °C.
The first application was already discussed by Gudjonsdottir et al. (2017), however, during the
calculations of the COP a fixed value of the compressor efficiency was used. Using a fixed
isentropic efficiency resulted in approximately 5 % increase in the COP with 15 wt% CO2. The
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second application was chosen since there has been an increased interest in high temperature
heat pumps as pointed out by Arpagaus et al. (2016). CRHPs utilizing wet compression are ideal
for high temperature applications since the superheating region, which limits operation for
conventional technologies, is completely eliminated. An overview of the first case is shown in Fig.
3, the second one is similar except at different temperature levels.

Figure 3: Constraints and fixed values for the application of heating a waste stream from 60 °C to 105
°C.

In Fig. 3 some of the assumptions that are used for the cycle calculations are shown. That is that
the minimum temperature approach in the heat exchangers is kept as 5 K and isenthalpic
expansion is assumed. An initial isentropic efficiency of 0.7 is used for the first cycle calculation.
Then from the operating condition the efficiency is calculated with the compressor model. This is
done until the change in efficiency is less than 0.1 % (see Fig. 4). Additionally, no pressure drop is
assumed in the heat exchangers. The COP is then calculated as
COP =

h2 − h3
h2 − h1

Eq. (4)

Where the state points are the same as in Fig. 3. For calculations with only ammonia water the
REFPROP database is used (Lemmon et al., 2013).
The main results for both cases with 0, 5 and 10 wt% CO2 are listed in tables 4 and 5, respectively.
Since the operating conditions differ for each case the specific volume at the compressor inlet also
differs. Therefore, with a fixed compressor each case will deliver various amounts of heat which
can be calculated as:
 (h3 − h2 )
=
Q m

Eq. (5)

For both cases a significant increase in the COP is observed as well as an increase in the
delivered heat with the addition of CO2. With 5 wt% CO2 the COP increase for the first case is
approximately 4.4 % and 4.1 % for the second case compared to only operating with ammonia
water. When operating with 10 wt% CO2 the COP increase is 6.77 % and 5.4 %, respectively, for
each case. The increase in the delivered heat is even more significant: 8.4 % and 10 % for 5 wt%
CO2, and 17.5 % and 25 % for 10 wt% CO2. This increase for the same compressor size means
that a smaller compressor can be used to deliver the same heat load with the added CO2 which
can bring significant costs reduction.
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Figure 4: Schematic representation of the iteration process between the cycle calculations and the
compressor model.
Table 4. Mixture composition, pressure, heat delivered and COP for the CRHP cycle for heating a
waste stream from 60 °C to 105 °C.

Property model
REFPROP
Aspen Plus New fit
(Gudjonsdottir et al. 2017)
Aspen Plus New fit
(Gudjonsdottir et al. 2017)

NH3
19.1

Wt%
H2O
80.9

18.5
20.4

COP

1.76

𝑄𝑄̇ (kW)
15.4

5.02

0.21

1.83

16.7

5.24

0.226

1.95

18.1

5.36

CO2
0

Plow

Phigh

0.202

76.5

5

69.6

10

Table 5. Mixture composition, pressure, heat delivered and COP for the CRHP cycle for heating a
waste stream from 95 °C to 140 °C.

Property model
REFPROP
Aspen Plus New fit
(Gudjonsdottir et al. 2017)
Aspen Plus New fit
(Gudjonsdottir et al. 2017)

NH3
19.1

Wt%
H2O
80.9

20.9

74.1

23.3

66.7

COP

5.7

𝑄𝑄̇ (kW)
62.7

5.92

1.06

6.01

68.9

6.16

1.19

6.69

78.4

6.24

Plow

Phigh

1.0

5
10

CO2
0
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4. CONCLUSIONS
The results indicate that a small amount of CO2 results in an increased isentropic efficiency of the
compressor at fixed operating conditions. Additionally, for a compressor of fixed size, adding CO2
increases the amount of delivered heat. For a heat pump cycle this means that even larger benefits
are observed than was previously expected operating an CRHP with NH3-CO2-H2O mixture
compared to only ammonia water. The next step is to confirm the compressor performance when
operated under wet conditions with experiments.
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NOMENCLATURE

q
T

Specific enthalpy, J kg-1
Mass flow, kg s-1
Mass, kg
Pressure, Pa
Heat transfer rate, W
Heat, J
Vapor quality, kg kg-1
Temperature, K

v

Specific volume, m3 kg-1

V
x

Volume, m3
Ammonia concentration, kg kg-1
Greek

COP
CRHP Compression-resorption heat pump

η

Efficiency

IEA

φ

Male rotor turning angle

h

m

m
p

Q

Q

C
H
high
in
is
low
out
tot

Sub- and superscripts
Heat source
Heat sink
Higher pressure level
Inlet
Isentropic
Lower pressure level
Outlet
Total
Abbreviations
Coefficient of Performance

International Energy Agency
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ABSTRACT
In this study, improvements upon the airside performance of wavy fin-and-tube heat exchangers are
made by punching holes on top of leeward wavy fin surfaces. Detailed parametric studies concerning
location, width and length of holes are performed by 3D numerical simulations. It is found that
punching holes on top of wavy fin surfaces can result in 7% decrease in thermal resistance while
punching holes on top of leeward parts and bottom of windward parts of wavy fins will only increase
pumping power without any heat transfer enhancement. Increasing width of holes imposes negligible
effect on heat transfer characteristics. Conversely, increasing length of holes is comparatively
effective. Punching holes with width of 1 mm and length of 12 mm can result in a decrease in thermal
resistance up to 10%.
Keywords: Air, Air-Cooled Exchanger, Corrugated Surface, Fin, Heat Exchanger, Heat Transfer,
Heat Transfer Coefficient, Pressure Drop.

1. INTRODUCTION
Air-cooled heat exchangers are widely used in air conditioning systems, refrigeration, power
generation, automobiles, process industry, and other applications. In these heat exchangers, air acts
as the cold fluid and flows outside the tubes while hot fluid is flowing inside the tubes. Since heat
transfer coefficient of air is extremely low, extended surfaces (fins) are usually needed outside the
tubes in order to increase airside heat transfer performance. In addition to adding more fin surface,
surface morphology can also help to reduce the airside resistance, and wavy fin is one of the most
common ways for further augmentation of the airside. The use of wavy fins not only increases heat
transfer surface area but also lengthens the flow path and provides effective corrugations for vortical
motions and mixing of cooling air, thereby resulting in higher heat transfer performance. Despite the
heat transfer of wavy fins are inferior to interrupted surfaces like louver or slit fins, its continuous fin
configuration offers reliable operation to resist unfavorable ambient conditions. Yet, it is also superior
to the other continuous flat fin geometries. Wavy fins are mostly used in air-conditioning condensers
and contain some unique features to resist potential fouling or clogging problems from particulates,
freezing moisture, etc. (Shah and Sekulic, 2003).
Many experimental and numerical researches have been performed on wavy fins. Sparrow and
Comb (1983) performed the pioneer researches on corrugated wall duct in two fin pitches with the
Reynolds numbers ranging from 2000 to 27000. Wang (1999) developed correlation for a specific
wavy fin configuration which can describe 93.02% of Colburn factors and 91.8% of friction factors
within 10%. The effect of fin pitch and the number of tube rows on the airside performance of
herringbone wavy fin-and-tube heat exchangers were reported by Wongwises and Chokeman (2005).
Dong et al. (2007) developed correlations for heat transfer and pressure drop of the wavy finned
tube heat exchangers (flat tube) with the Reynolds numbers ranging from 800 to 6500. Cheng et al.
(2007) carried out 3D periodically developed flow in the triangular wavy fin-and-tube heat exchanger.
Tian et al. (2009) performed a numerical study on the air-side performance of wavy fin-and-tube heat
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exchanger having punched delta winglets in association with staggered or in-line arrangements.
Gong et al. (2013) investigated the air-side performance of wavy fin-and-tube heat exchanger
punched with combined rectangular winglet pairs (CRWPs). Du et al. (2013) performed experimental
and numerical study on heat transfer enhancement of wavy fin-and-flat tube heat exchangers with
longitudinal vortex generators (six delta winglet pairs). Bhuiyan et al. (2015) investigated geometrical
parameters such as fin pitch, wavy angle and longitudinal and transversal tube pitches for wavy finand-tube heat exchangers in turbulent flow regime. Lotfi et al. (2016) performed a 3D numerical
investigation on the airside performance of the smooth wavy fin-and-tube heat exchangers having
elliptical tube configuration by utilizing some new type vortex generators. Darvish Damavandi et al.
(2017) performed multi-objective optimization of a wavy-fin-and-elliptical-tube heat exchanger using
GMDH type Artificial Neural Network and NSGA-II optimization algorithm. The frosting process on
wavy fin-and-tube heat exchanger surfaces is numerically simulated by Ma et al. (2017). Zhang et
al. (2017) improved heat transfer characteristics for a heat exchanger (duct) by using a new humped
wavy fin. Three fin configurations including plain, wavy, and rectangular grooved fins attached to
three by three arrays of flat tube banks were examined by Moorthy et al. (2018). Xue et al. (2018)
proposed three kinds of wavy plate fins, namely perforated wavy fin, staggered wavy fin and
discontinuous wavy fin. Li et al. (2018) conducted a comparative study of fin-and-tube heat
exchangers having wavy fin and a plain fin with radiantly arranged winglets.
As clearly seen in literature review, most of the studies were associated with performing parametric
studies or developing correlations for wavy fin geometry, but very few researches have concerned
with further improvements of wavy fins except punching vortex generators. Hence, it is the objective
of this study to propose the novel design of punching holes on peak of wavy fin-and-tube heat
exchanger and it will be shown subsequently that considerable improvements can be achieved
subject to the same pumping power constraints.

2. NUMERICAL ANALYSIS
Physical model and computational domain of the simulated wavy fin-and-tube heat exchanger are
illustrated in Fig. 1(a) and Fig. 1(b), respectively. Basic parameters of the simulated geometries for
two cases of validation and reference wavy fin for improvement study are tabulated in Table 1. The
computational domain is extended to 10 times distance of the fin pitch at the inlet and is 30 times
distance of the fin pitch at the outlet to ensure uniform velocity and to avoid the influence of
recirculation, respectively.

(a) Physical model and geometrical parameters

(b) Computational domain

Figure 1: Physical model, geometrical parameters and computational domain of simulated wavy fin
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Table 1. Geometrical parameters of simulated wavy fins

Parameters
Tube collar outside diameter (Dc) (mm)
Number of tube rows (N)
Fin thickness (t) (mm)
Fin pitch (Fp) (mm)
Longitudinal tube pitch (Pl) (mm)
Transversal tube pitch (Pt) (mm)
Waffle height (h) (mm)
Projected wavy length (1st part) (Xf1) (mm)
Projected wavy length (2nd part) (Xf2) (mm)

Values for validation Values for reference wavy fin
10.38
7.2
1
2
0.12
0.105
1.62
1.4
19.05
19.05
25.4
22
1.18
0.95
4.7625
5.975
4.7625
3.55

2.1.
Governing Equations and Boundary Conditions
The flow is assumed to be three dimensional, incompressible, steady and turbulent. Natural
convection and radiation are ignored. Working fluid is air with constant properties and tube walls
have constant temperatures.
Governing equations include continuity equation, momentum (RANS) equation, and energy equation
(Sadeghianjahromi et al., 2018). RNG k-ε is selected for turbulence model (Gong et al., 2013). Detail
description of RNG theory has been presented by Orszag et al. (1993). Enhanced wall function is
used near the wall zones (Y+ < 5).
Computational domain with boundary conditions is illustrated in Fig. 1(b). Air enters the
computational domain with uniform velocities uin ranging from 0.5 to 4 ms-1 at a constant inlet
temperature of Tin = 308 K. The pressure is atmospheric pressure at the air outlet. Side boundaries
are symmetric planes on which normal gradients are zero. For solid surfaces, coupled (Tsolid = Tfluid)
and non-slip condition are assigned. Constant tube temperature of Ts = 318 K and non-slip condition
are imposed on the tube surfaces. Periodic boundary conditions are assumed for top and bottom
planes. Symmetric and periodic boundary conditions are applied to the side boundaries and top and
bottom boundaries of upstream and downstream extended regions, respectively.
2.2.
Numerical Method
Discretization of the governing equations is done by finite volume method. Fluent software is used
for solving equations and boundary conditions. SIMPLE algorithm is applied for pressure and
momentum coupling and second order upwind is used in order to achieve a higher calculation
accuracy. The coupled equations are solved until values of residuals for continuity, velocities, kinetic
energy and dissipation rate are less than 10-6 and residual for energy is less than 10-8 which are
considered as the convergence criteria. Unstructured fine grids are applied for the fin region and
structured coarse grids are used for upstream and downstream extended regions. Grid study is
performed in the maximum air inlet velocity and 1373000 cells is selected for balancing accuracy
and simulation time. Also, for keeping Y+<5, some adoptions for cells near wall surfaces are made.
2.3.
Definition of Parameters
Pumping power (Pp) is calculated as follows.
Pp 

m



 P 

Eq. (1)

Thermal resistance (Rth) can also be obtained from the following formula.

Rth 

1
LMTD

o ho Ao
Q

Eq. (2)

LMTD is air log-mean temperature difference which can be determined from the following formula.
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LMTD 

(Ts Tin )  (Ts Tout )
ln Ts Tin  (Ts Tout )

Eq. (3)

3. VALIDATION OF NUMERICAL SIMULATIONS
Validation of numerical simulations is carried out by comparison with the experimental data of a 1row wavy fin-and-tube heat exchanger from Wang et al. (1999). Geometrical parameters for
validation are tabulated in Table 1. The air inlet temperature is 291 K and air inlet velocity is changed
from 0.5 ms-1 to 4.6 ms-1. Fig. 2 illustrates the calculated thermal resistance vs. pumping power for
comparison between numerical simulations and experimental results. Mean deviations for thermal
resistance vs. pumping power is 12%. The results substantiate the applicability of the present
numerical simulation.

Thermal resistance (KW-1)

60
50
40
30
20
10

experimental data (Wang et. al.)
numerical simulation

0
0.000

0.002

0.004
Pumping power (W)

0.006

0.008

Figure 2: Thermal resistance vs. pumping power for comparison of numerical simulation with
experimental data from Wang et al. (1999)

4. PUNCHING HOLES ON WAVY FINS
Fig. 3(a) shows velocity vectors in the convex part of the reference wavy fin at an air inlet velocity of
2 ms-1. It is obvious that the airflow sustains a very low velocity under the convex part of wavy fin
due to flow redirection. This phenomenon will result in a lower heat transfer rate and a higher
pressure drop. Hence, it would be beneficial to punch some holes on the crest (top) and valley
(bottom) to eliminate the re-circulation region. As illustrated in Fig. 3(b), with the presence of hole on
top, flow is directed through the hole. This not only eliminates the re-circulation area but also provides
some extra mixing between adjacent wavy channels. As a consequence, considerable enhancement
can be achieved.

(a) Wavy fin without holes

(b) Wavy fin with holes on top

Figure 3: Velocity vectors in wavy fins with and without holes on top part

The punched holes with W = 1 mm and L = 8 mm are made on top of the leeward wavy fins and
bottom of the windward wavy fins as shown in Fig. 4. W and L are width and length of holes,
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respectively. Air inlet velocity is changed from 0.5 ms-1 to 4 ms-1 and other parameters remain
unchanged as specified in Table 1. Two cases are examined about the influence of punching holes,
including holes on the top and holes on both top and bottom.

(a)

Holes on top of wavy fins

(b)

Holes on top and bottom of wavy fins

Figure 4: Schematics of the punching holes on the wavy fin-and-tube heat exchangers

Fig. 5 shows thermal resistance vs. pumping power for these two cases and their comparisons with
the referenced wavy fin. There is no considerable difference between punching the holes on top and
both top and bottom. This is somewhat expected for hole on the top side locates at the leeward side
of the fin while it is the windward side of the flip side. Hence, making holes only on top of wavy fins
may be more preferable to maintain the rigidness of the wavy fin. By adding the punching holes on
the top of the wavy fins, thermal resistances will decrease 7% and 6% subject to pumping powers of
0.001 W and 0.005 W, respectively.

Thermal resistance (KW-1)

25

wavy fins without holes
wavy fins with holes on top
wavy fins with holes on top and bottom

23
21
19
17
15
13
0.000

0.001

0.002

0.003
0.004
0.005
Pumping power (W)

0.006

0.007

Figure 5: Thermal resistance vs. pumping power for wavy fin-and-tube heat exchangers with and
without holes (W = 1 mm, L = 8 mm)

The effects of length (L) and width (W) of holes on top of wavy fins are further studied. Firstly, the
length of holes is fixed at 8 mm and the width is changing from 0.5 mm to 2 mm. The simulations are
then followed by fixing a hole width of 1 mm while changing the length from 4 mm to 12 mm.
Analogously, the rest of geometrical parameters remain the same as Table 1 and air inlet velocity is
changed from 0.5 ms-1 to 4 ms-1. Thermal resistance vs. pumping power curves for different widths
and lengths of holes are shown in Fig. 6. It can be seen from Fig. 6(a) that changing width of holes
has no significant effect on the thermal resistance. The hole having a width of 1 mm imposes
marginal improvement. This is because the re-circulation is already eliminated and no further mixing
of airflow is observed. On the other hand, a larger length of hole depicts a smaller thermal resistance
subject to the same pumping power as shown in Fig. 6(b). This is associated with effective removal
of span-wise re-circulation.
Detailed improvements about the reduction of thermal resistances for different hole lengths (W = 1
mm) for pumping powers 0.001 W and 0.005 W are tabulated in Table 2. Based on the tabulated
results, the holes with W = 1 mm and L = 12 mm show the most superior improvements (10%) at
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pumping power of 0.001 W.

Thermal resistance (KW-1)

25

wavy fins without holes
wavy fins with holes on top (W=0.5 mm, L=8 mm)
wavy fins with holes on top (W=1 mm, L=8 mm)
wavy fins with holes on top (W=2 mm, L=8 mm)

23

21
19
17
15
13
0.000

0.001

0.002

0.003
0.004
0.005
Pumping power (W)

0.006

0.007

(a) Effect of width of holes on the thermal resistance (L = 8 mm)
25

wavy fins without holes
wavy fins with holes on top (W=1 mm, L=4 mm)
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(b) Effect of length of holes on the thermal resistance (W = 1 mm)
Figure 6: Thermal resistance vs. pumping power for different widths and lengths of holes on top of
wavy fin-and-tube heat exchangers
Table 2. Reduction values of thermal resistances for different sizes of holes

Hole length

Reduction in Rth for Pp = 0.001 W

Reduction in Rth for Pp = 0.005 W

L = 4 mm

2%

1%

L = 8 mm

7%

6%

L = 12 mm

10%

8%

Contours of air temperatures in the middle of fin pitch for wavy fins with and without holes on top (W
= 1 mm and L = 12 mm) at an inlet velocity of 2 ms-1 are shown in Fig. 7. It can be seen that the air
temperatures increase substantially for the wavy fins with holes on top, indicating a comparatively
better mixing of airflow. In fact, a notable portion of airflow flowing between the tubes of the wavy
fins with holes on top (Fig. 7(b)) has a much higher temperature than the reference case (Fig. 7(a)).
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(b) Wavy fins with holes on top

(a) Wavy fins without holes on top

Figure 7: Air temperature contours in the middle of fin pitch at an air inlet velocity of 2 ms-1 for
comparison between wavy fins with and without holes on top (W = 1 mm, L = 12 mm)

5. CONCLUSIONS
The present study conducts a numerical examination upon improvements of the airside performance
for wavy fin-and-tube heat exchangers. The nominal tube diameter is 7.2 mm while the longitudinal
and transversal tube pitches are 19.05 mm and 22 mm, respectively. The corresponding waffle
height is 0.95 mm. The model is first validated with experimental data from literature. Subsequently,
the improvements are made by punching holes on top of leeward wavy fin surfaces. The effects of
holes on wavy fins on thermal resistance of wavy fin-and-tube heat exchangers are investigated by
performing 3D turbulent flow numerical simulations. Punching holes on top of leeward parts can
improve heat transfer characteristics of wavy fins. Holes with width of 1 mm and length of 8 mm can
decrease thermal resistance 7% to 6% for pumping powers of 0.001 W and 0.005 W, respectively.
Punching holes on top of leeward and bottom of windward parts of wavy fins has no improvement in
comparison with just punching holes on top of leeward parts of wavy fins. Increasing the width of
holes imposes negligible effect on heat transfer characteristics. Conversely, increasing length of
holes will be much more effective. It is found that holes with a width of 1 mm and a length of 12 mm
can decrease thermal resistance by 10% and 8% for pumping powers of 0.001 W and 0.005 W,
respectively.
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NOMENCLATURE
Ao
Fp
ho
L
m
Pl
Pt
Rth
Tin
t
W
Xf2
α
ε
ρ

total surface area (m2)
fin pitch (m)
heat transfer coefficient of air (Wm-2K-1)
length of hole on top of wavy fin (m)
air mass flow rate (kgs-1)
longitudinal tube pitch (m)
transversal tube pitch (m)
thermal resistance (KW -1)
inlet temperature (K)
fin thickness (m)
width of hole on top of wavy fin (m)
projected wavy length (2nd part) (m)
wavy angle ()
dissipation rate (m2s-3)
density (kgm-3)

Dc
h
k
LMTD
N
Pp
Q
Ts
Tout
u
Xf1
Y+
ΔP
ηo

tube collar outside diameter (m)
waffle height (m)
turbulent kinetic energy (Jkg-1)
air log-mean temperature difference (K)
number of tube rows
pumping power (W)
total heat transfer rate to the fluid (W)
surface temperature (K)
outlet temperature (K)
velocity (ms-1)
projected wavy length (1st part) (m)
Y plus
pressure drop (Pa)
surface efficiency
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ABSTRACT
For the distributed parameter model for vapor compression cycle systems (VCCs), there are several
assumptions compromising the simulation accuracy. Such as the refrigerant-side pressure drop is
neglected, the accumulator, connecting pipe and compressor lubricant are not considered
sometimes and so on. In this paper, a detailed dynamic model of split-type air conditioner was
developed based on SIMULINK. This system model contains multiple sub-models including the
evaporator, the condenser, the compressor, the electronic expansion valve, the accumulator, and
the pipe. The evaporator and condenser were modeled using the distributed-parameter method with
the estimated refrigerant-side pressure drop. The accumulator with lubricant and connecting pipe
adopted the single-node lumped parameter model. Thereafter, the model was verified via
experimental data. The results showed that the system dynamic was captured accurately.
Keywords: vapor compression cycle, split-type air conditioner, distributed parameter model,
simulation accuracy.

1. INTRODUCTION
The vapor compression cycle systems are the well-known form for the HVAC-R system, and its
model study plays an important role in the reduction of energy consumption. The mathematical
model of VCCs can be mainly divided into single-node model (Qi and Deng, 2008; Qi and Deng,
2009; Yang and Ordonez, 2018), moving-boundary(MB) model (Li and Alleyne, 2010; Cecchinato
and Mancini, 2012; Bonilla et al., 2015; Qiao et al., 2016; Shang et al., 2016) and distributed
parameter model (Macarthur and Grald, 1989; DembaNdiaye and MichelBernier, 2010; Koury et al.,
2013; Zhang et al., 2014, Bastos et al., 2018). Although the MB model has the characteristics of fast
simulation speed and acceptable accuracy, the advantages of the distributed parameter model are
equally significant due to its high flexibility since it is extremely suitable for heat exchangers with
different physical structures (Pangborn et al., 2015). In order to describe in detail the dynamic
behavior and distribution of internal parameters for two-phase heat exchangers.The distributed
parameter model of the heat exchanger is an extremely suitable choice. Several assumptions can
be summarized from the above-mentioned work. They involved: (1) the pressure drop in heat
exchange coils is neglected frequently; (2) the accumulator and connecting pipe are not considered
sometimes, and (3) the impact of compressor lubricants on system simulation is always neglected.
For the assumption (1), Zhang et al. (2009) found that the results with transient and steady-state
momentum equation are pretty close in the dynamic simulation of both component level and system
level. In addition, for controller design, it is appropriate for the model to not consider the pressure
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drop. However, the related comparison work about the other assumptions is rare. Therefore, in order
to better understand the influence of these assumptions on the system, and to develop a simulation
model with higher accuracy, it is necessary to carry out the comparison work of the model under
different assumptions. In this paper, a detailed dynamic model was established for the most common
split-type air conditioners using finite volume method. Thereafter, the model was verified via
experimental data. Finally, the comparative study of the system with different assumptions was
carried out.

2. MATHEMATICAL MODEL
The VCCs consists of 10 components. The refrigerant vapor flows from the compressor and goes
through the pipe 2, the condenser, the pipe 3, the electronic expansion valve (EEV), the pipe 4, the
evaporator, the pipe 0, the accumulator and pipe 1 in turn. Finally, the refrigerant returns back to the
compressor and proceeds to the next cycle.
In this paper, one-dimensional (1-D) distributed parameter model is used for the heat exchangers
(Macarthur and Grald,1989). The detailed heat exchanger models are involved some key
correlations: heat transfer of single-phase refrigerant (Dittus and Boelter,1985), heat transfer of
refrigerant boiling flow (Gungor and Winterton, 1987), heat transfer of refrigerant condensation flow
(Shah, 1979), void fraction (Chisholm, 1973; Xu and Fang, 2013), pressure drop of refrigerant side
(Fang et al., 2012) and heat transfer and pressure drop of air side (Wang and Chi, 2000; Wang et
al., 2000). A semi-empirical model of the compressor and EEV are established by the literatures
(Yang et al., 2006) and (Li, 2013) respectively.
A single-node lumped parameter dynamic model of the accumulator is established. Before the
analysis of the mass and energy conservation of the accumulator, some assumptions need to be
made: (1) the pressure drop caused by the accumulator is ignored(Macarthur and Grald, 1989); (2)
𝑑𝑀𝑜𝑖𝑙

the mass of the lubricant in accumulator is not changed (

𝑑𝑡

= 0); (3) the volume of refrigerant

vapor in accumulator is constant. The differential equation of conservation of accumulator’s mass
and energy is as follows:
𝑑𝑀𝑎𝑐𝑐
Eq. (1)
= 𝑚𝑎𝑐𝑐.𝑖𝑛 − 𝑚𝑎𝑐𝑐.𝑜𝑢𝑡
𝑑𝑡
𝑑𝐻𝑎𝑐𝑐
Eq. (2)
= 𝑚𝑎𝑐𝑐.𝑖𝑛 ℎ𝑎𝑐𝑐.𝑖𝑛 − 𝑚𝑎𝑐𝑐.𝑜𝑢𝑡 ℎ𝑎𝑐𝑐.𝑜𝑢𝑡 + 𝑄𝑎𝑐𝑐
𝑑𝑡
In accumulator, due to the influence of lubricating oil on the physical properties for liquid refrigerant,
the solubility equation of R410A/POE-VG68 mixture needs to be introduced.
𝑀𝑎𝑐𝑐.𝑓
𝑟=
Eq. (3)
𝑀𝑎𝑐𝑐.𝑓 + 𝑀𝑎𝑐𝑐.𝑜𝑖𝑙
Eq. (4)
𝑃𝑎𝑐𝑐 = 𝑆𝑜 𝑃𝑠𝑒𝑡 (𝑇𝑎𝑐𝑐 )
Where, the coefficient 𝑆𝑜 is a function of temperature (𝑇𝑎𝑐𝑐 ) and the ratio of liquid-phase refrigerant
mass (𝑟), unchanging approximately over the temperature range of 10-40°C. The 𝑆𝑜 is evaluated
via the experimental data (Wei et al., 2007) under a specific temperature (30°C). The parameter
𝑃𝑠𝑒𝑡 (𝑇𝑎𝑐𝑐 ) means saturated pressure of pure refrigerant under the changed accumulator
temperature 𝑇𝑎𝑐𝑐 .
In order to describe the refrigerant mass distribution characteristics of the refrigeration system
comprehensively, a lumped-parameter model is used for the connected pipes. The differential
equation for the mass and energy conservation of pipes can be expressed as follows:
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𝑑𝑀𝑝𝑖𝑝𝑒
= 𝑚𝑝𝑖𝑝𝑒.𝑖𝑛 − 𝑚𝑝𝑖𝑝𝑒.𝑜𝑢𝑡
𝑑𝑡

Eq. (5)

𝑑𝑀𝑝𝑖𝑝𝑒 ℎ𝑝𝑖𝑝𝑒
= 𝑚𝑝𝑖𝑝𝑒.𝑖𝑛 ℎ𝑝𝑖𝑝𝑒.𝑖𝑛 − 𝑚𝑝𝑖𝑝𝑒.𝑜𝑢𝑡 ℎ𝑝𝑖𝑝𝑒.𝑜𝑢𝑡 + 𝑄𝑝𝑖𝑝𝑒
𝑑𝑡

Eq. (6)

3. SOLUTION PROCEDURES
A variable time step is adopted here calculated by the following equation.
Eq. (7)
∆𝑡 = ∆𝜏(0.05 × 𝑗𝑡𝑖𝑚𝑒 + 1), ∆𝑡 ∈ [0.1,1]
Where, fixed time step ∆𝜏 = 0.1𝑠, the number for time-level iterations 𝑗𝑡𝑖𝑚𝑒 .
Fig. 1(a) shows the iterative solution procedures of system-level. The iterated parameters 𝑋𝑖𝑡𝑒𝑟.𝑠𝑦𝑠
in Fig. 1(a) are the input of compressor and EEV model. In addition, the mass flow of compressor is
used as a criterion for time-level iterative convergence and its accuracy requirement is set to 0.00001
kg/s. Fig. 1(b) shows the information flow diagram of the low-pressure-side solution algorithm taken
as an example for illustration. The absolute difference between the mass flow rates for pipe1’s outlet
and compressor (|𝑚𝑐𝑜𝑚 − 𝑚𝑝𝑖𝑝𝑒1.𝑜𝑢𝑡 |) as the criterion for the convergence, and its accuracy requirement
is set to 0.00001 kg/s as well. It is noteworthy that the pressure drop is estimated using the state of
the previous moment 𝑋𝐿𝑜𝑤𝑃 𝑛 .

(a)

(b)

Figure. 1: Information flow diagram of solution algorithm
(a) time-level model. (b) low-pressure-side model

4. VERIFICATIONS AND DISCUSSIONS
Table 1 lists the structural parameters and operating parameters of the main components of the
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system, and the basic structural parameters of the heat exchanger are based on the literature (Kim
and Bullard, 2001),the detailed structural parameters are listed in Table 2. In addition, the dry and
wet bulb temperatures for the indoor and outdoor are 27/19.5℃ and 35/24℃, respectively. For the
initial condition for the system, the refrigerant state in the evaporator and condenser are two-phase
and superheated respectively. The initial pressure of the system is the saturation pressure for the
refrigerant in evaporator.
Table 1.Structural and operating parameters for the main components

Items
Evaporator
Condenser

Specification
Φ7.0mm,2-row 12tubes
Φ9.52mm,1-row 28tubes
Piston type,
𝑑𝑐𝑜𝑚 =24mm, 𝐿𝑐𝑜𝑚 =80mm
EEV,𝐹𝑒𝑒𝑣 = 2.3mm2

Compressor
Expansion valve

Value of operating parameters
Frontal velocity 𝑓𝑒𝑣𝑎 =1.2m×s-1
Frontal velocity 𝑓𝑐𝑜𝑛 =2.5 m×s-1
Speed 𝑁 =1700 r×min-1
Opening degree 𝐴𝑒𝑒𝑣 =54.6%

Table 2. Specifications of the components for simulation

Components
Piston type compressor
EEV
Evaporator

Condenser

Accumulator
Pipe

Structural parameters
Cylinder diameter 24mm
Compressed stroke 80mm
2
Full open flow area 2.3mm
Length 17m
Inside/Outside tube diameter 7/7.7mm
Row 2
Flow trip 3
Transverse tube pitch 12.7mm Longitudinal tube pitch 16mm
Fin pitch 1.3mm
Fin thickness 0.105mm
Length 19.5m
Inside/Outside
tube
diameter
9.52/10.22mm
Row 1
Flow trip 3
Transverse tube pitch 15mm
Longitudinal tube pitch 21mm
Fin pitch 1.3mm
Fin thickness 0.105mm
3
Volume 1000cm
Inside/Outside tube diameter Pipe0 length 3m
10/11mm
Pipe1 length 0.4m
Pipe2 length 0.4m
Pipe3 length 0.4m
Pipe4 length 3m

Table 3. Several cases of the air conditioner model with different assumptions

Case number
Contents
Case 1
Complete system model
Case 2
Model without lubricating oil in accumulator
Case 3
Model without lubricating oil in accumulator and pipes
Case 4
Model without lubricating oil in accumulator, pipes and accumulator
In order to simulate the start-up process of the air conditioner accurately and stably, a zero-order
delay model (Ding, 2006) of the compressor is used here. Four cases of the air conditioner model
with different assumptions listed in the Table 3 are represented on the same diagram against time.
They simulation results are shown in Fig 2. Fig. 2(a) illustrates the comparison of the results of four
cases and experimental data. The pressure dynamic behavior for case 4 has the largest discrepancy
at 60s, so that the accumulator model is indispensable for the system model. The behavior of case
1, 2 and 3 are relatively close. However, when the refrigerant in accumulator is superheated, the
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dynamic curves of case 2 and case 3 are not smooth enough. The reasons are that the single-node
assumption for the accumulator and the calculation error for the physical property parameters under
the varying refrigerant phase. Owing to lubricating oil in accumulator for case 1, the liquid-phase
refrigerant in the accumulator does not fully evaporate. Therefore, the pressure curve is smooth
continuously, being closest to the experimental data. The temperature responses of the condenser
outlet for case 4 are displayed in Fig. 2(b) changing drastically during the first 10 s in the start-up
process due to the rapid rise for the condensing pressure. In addition, the evaporator inlet
temperature of case 3 varies greatly, reaching 310K, but only 302K in case 2 since the connecting
pipes between the evaporator and condenser have the buffering effect on the change of the
evaporator inlet temperature. The steady-state discrepancy between the refrigerant temperature and
the test data of tube wall is within 3K, mainly due to the existence of heat transfer temperature
difference.
a

b

Figure.2: Validation of performance parameter at start-up
(a) Pressures. (b) Temperatures

Figure.3: The temperature validation for a step change of operating parameter
(a) Compressor speed (+250r/min). (b) Valve opening (-2%)

It is observed from Fig. 2(b) that the dynamic curve of case 1 and case 2 are very close. In order to
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further analyze the influence of the lubricating oil on the dynamic behavior of the system in the
accumulator, the parameter-changed transient investigations of case 1 and case 2 are carried out.
The transient behavior of the evaporator outlet and accumulator temperature is observed by the step
change of the compressor speed (Fig. 3(a)) and the electronic expansion valve opening
(Fig.3(b)) .Fig. 3 shows that the transient behavior of evaporator outlet temperature in case 1 and
case 2 is identical nearly. In addition, the hysteresis effect of the accumulator temperature of the
case 1 is reflected well, while the performance in case 2 is not obvious. Therefore, case 1 can better
describe the transient behavior for the actual system.

5. CONCLUSIONS
In this paper, a detailed dynamic simulation model was established for the most common split-type
air conditioners, in which the heat exchangers were modeled by the distributed parameter method.
The steady-state lumped parameter model with semi-empirical equations for the EEV and the
compressor were given. A single-node dynamic model of the accumulator with lubricating oil and
connecting pipe was established. In addition, there were also three cases of the system model which
were obtained by modifying the complete model under different assumptions. The system simulation
model was then built based on MATLAB/SIMULINK. Thereafter, the models with different
assumptions were verified by experimental data and then the transient comparison work of case 1
and case 2 was carried out. The results shown that case 1 had the best start-up transient
performance. In addition, several conclusions were obtained as follows: (1) the accumulator model
was indispensable for the system model; (2) the connecting pipes had a buffering effect on the
change of the heat exchanger inlet temperature; (3) the lubricating oil in accumulator could smooth
the start-up dynamic curve of pressure and temperature even though it had a limited impact on the
start-up dynamic; (4)the accumulator model with lubricating oil could reflect the hysteresis effect of
the system under changed parameter well.

Nomenclature

𝐴
𝐶𝑝
𝑑
𝑓
𝐺
ℎ
𝑀
𝑚
𝑃
𝑄
𝑞
𝑇
𝑈
𝑉

Cross-sectional or surface Area (m2)
Specific heat (J×kg-1×K-1)
Diameter (m)
Frontal velocity(m×s-1)
Refrigerant mass flow flux (kg×m-2×s-1)
Enthalpy (J×kg-1)
Mass (kg)
Mass flow rate (kg×s-1)
Pressure (kpa)
Heat transfer (J)
Heat flux (W×m-2)
Temperature (K)
Heat transfer coefficient (W×m-2×K-1)
Volume (m3)

Greek symbols
Density (kg×m-3)
𝜌
Void fraction
𝛾
Subscripts
Air
𝑎
Refrigerant
𝑟
Tube wall
𝑤
Lubricating oil
𝑜
Liquid-phase refrigerant
𝑓
Superscripts
Previous time step
𝑛
*
Assumed value
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ABSTRACT
The paper starts with an overview of past options where water (R718) was used as a refrigerant
and introduces various applications focusing on ad- and absorption technologies but mainly on
compression systems.
In the second part of the paper a low capacity centrifugal compressor system based on using water
as refrigerant is introduced. The working principle of the machine with a number of various energy
efficient operational modes gets explained and the machines performance under these conditions
is discussed.
Finally, favorable applications get specified resulting in energy savings up to 80% compared to
state of the art technologies. These findings are confirmed by long term field test data, as
machines are already in operation in various sites since many years.
Finally, an outlook is given, where water as a refrigerant can expect a promising future contributing
to reduce the global warming impact of the refrigeration industry.
Keywords: Refrigeration, Water, Vapor Compression, Chiller, Energy Efficiency

1. INTRODUCTION
Water (R718) as a refrigerant is one of the oldest fluids being used for refrigeration applications
down to about the freezing point. When water is mixed with protective solutions to prevent freezing
(i.e. propylene or ethylene glycol), it can also be used well below water’s normal freezing point in
applications such as ice slurries. Water is easily available and has excellent thermodynamics and
chemical properties. Fig. 1 shows on the left side the vapor pressure curves and on the right side
the pressure ratio for a 30 K temperature lift of various refrigerants. In the case of R718, it is
noticeable that the pressures in the temperature range for a typical cooling application are between
10 and 100 mbar and the pressure ratio ranges between 7 down to 5.
The curves of the respective refrigerants are shown in Fig. 1 and were calculated using REFPROP
(Lemmon et al., 2013).
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Figure 1: properties of selected refrigerants

On the one hand, the use of positive displacement machines would make sense because of the
high pressure ratio required. On the other hand, due to the low vapor pressure and the
concomitant low density of the water vapor, a large volume flow is required to deliver sufficient
mass. For this reason, when using R718 in compression refrigeration machines it makes sense to
use multistage turbomachines as compressors. Taking into account the increase of the vapor
pressure and the reduction of the pressure ratio with increasing evaporation temperatures, the
application range for R718 shown in Fig. 2 can be derived. The color gradient from black
(conditionally good application area) to light gray (very good application area) shows the field of
application. The limitation to a hot gas temperature of 200 °C is related to the material compatibility
of the compressor components.

Figure 2: log p, h-diagram of R718 including the optimal application range

2. THE USE OF WATER AS REFRIGERANT
As shown in the previous section, the use of water as refrigerant, in addition to some challenges,
also has some advantages. It has no negative effects on the environment and, under certain
conditions, also allows for a significant increase in efficiency compared to common refrigerants.
Absorption refrigeration systems are often operated with water as a refrigerant. The process,
developed by the Carré brothers in the middle of the 19th century, works in almost all installed
systems with a combination of water with lithium bromide. In another variant of the thermally driven
systems, the adsorption, water is used because of its large evaporation enthalpy as a working fluid.
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In the chemical industry there are applications with steam ejector systems with water as
refrigerant.
Another application of water as a refrigerant are high-temperature heat pumps (Bantle et al., 2014),
(Chamoun et al., 2012) and (Ponweiser and Schlögl, 2015). However, in this application, absolute
pressures above 1 bar occur, and the benefit of the system is the generation of heat and not of
cooling.
Compression refrigeration systems with water as a refrigerant are not yet very relevant on the
refrigeration market. On the one hand, this is due to the already mentioned challenges that this
process entails and, on the other hand, to the projects that have been implemented so far in this
area. The following passage presents the most important projects in this area.
Water as a refrigerant in compression refrigeration systems has been used in various projects
since the mid-1980s. Fig. 3 gives an overview of the various manufacturers, the approximate
cooling capacity and the approximate time commitment in this area. The most relevant projects of
the manufacturers are listed in Table 1. The cooling capacity of the machines is typically over
500 kW and, with the exception of the chiller described from Sasakura (2014), all machines use
centrifugal compressors.
Table 1. Centrifugal chiller projects using R718 as refrigerant, (Süß, 2016)

Year

Location

Project group

Application

1990
1995
1995
1999
1999
2000
2002
2007
2008
2008
2008
2011
2012

Denmark
Denmark
RSA
Germany
Germany
Germany
Japan
Japan
RSA
Switzerland
Austria
USA
Denmark

IDE/Sabroe
IDE/Sabroe/TI
IDE/Integral
ILK/GHS Essen
ILK/VW
ILK/Daimler
IDE/Sanken
IDE/Nissan
IDE
IDE
IDE
MSU
Rotrex/Topsøe

sea water heat pump
plastic molding cooling
gold mine cooling
chilled water
chilled water
chilled water
vacuum ice
vacuum ice
gold mine cooling
artificial snow
artificial snow
chilled water
heat pump

Cooling
Capacity
1,3 MW
2 MW
6x3 MW
1 MW
1 MW
1 MW
350 kW
1,5 MW
3x3 MW
1,4 MW
1,4 MW
350 kW

2013
2012

Japan
Germany

Kawasaki HI
ILK/Engie

chilled water
chilled water

350 kW
800 kW

2014
2015
2015

Japan
Denmark
Germany

Sasakura
TI/JCI
ILK

chilled water
chilled water
vacuum ice

17,5 kW
800 kW
50 kW

2015

Germany

efficient energy

chilled water

35 kW
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Figure 3: Projects with water as refrigerant, (Kauffeld and Süß, 2016)

2. LOW CAPACITY CENTRIFUGAL COMPRESSOR SYSTEM
2.1 The Principle
The construction of a compression refrigeration system for R718 consists of the same functional
assemblies - evaporator, compressor, condenser and expansion device - as with systems for all
refrigerants.
As compressors mostly turbomachines are used with oil-free bearings. Examples include waterbearing systems, lifetime-lubricated hybrid ball bearings or magnetic bearing systems. The
evaporator or condenser can be designed in two systems: with internal or external heat exchanger.
Both systems are operated in vacuum due to the properties of water, assuming that the
evaporation as the condensing temperatures are below 100 °C. The pressure difference between
condenser and evaporator is in the absolute range of 50 mbar to 70 mbar. This makes it possible
to dispense with a fixed expansion valve and to use for a simple overflow with corresponding water
column of 500 mm to 700 mm. Owing to the operating conditions in a vacuum and the usually nonhermetic design of the systems, external gas extraction is required to keep the system free of inert
gases. Air entering from outside is fed into the system, which has a negative influence on the
evaporation and condensation. This results in a higher energy consumption of the compressor. In
generally pressure losses should be kept as small as possible.
In systems with external heat exchangers (Fig. 4a), the entire system is evacuated between the
chilled and the cooling water heat exchangers. The pressure in the respective areas depends on
the respective prevailing temperature. The heat transfer between the refrigerant and the chilled
water, as well as the cooling water, take place in each of the plate heat exchangers. The phase
change of the refrigerant occurs within a module containing the evaporator and condenser area,
the compressor and the expansion device. The evaporation takes place between the liquid and
vapor phases in the lower region of the module due to pressure reduction. For liquefaction, the
gaseous refrigerant is passed together with liquid refrigerant through a packed bed. In this case,
the gaseous refrigerant condenses to the liquid refrigerant. The packed bed serves to increase the
surface area of the liquid refrigerant. The described system can be carried out alternatively to the
plate heat exchangers with air registers on the cold water, as well as on the cooling water side. In
cool air applications, this can save a heat transfer loss and an additional secondary circuit. The
integration of an air register on the cooling water side allows the operation as an air-cooled
machine with outdoor installation, provided that the system is secured frost-free.
In systems with internal heat exchangers (Fig. 4b), the heat exchangers are inside the evacuated
module, which contains the same areas as the system described above. The heat transfer
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between cold water and the refrigerant takes place in a classic finned tube evaporator. Likewise,
the liquefaction of the refrigerant is carried out on a finned tube in the vacuum container heat
exchanger, which is flowed through inside the cooling water.
2.2 Description of a Compact R718 Chiller
The majority of the projects shown in 1 are in the cooling capacity range >500 kW and at chilled
water temperatures below 10 °C. Exceptions to the cooling capacities are Kawasaki, Sasakura and
Efficient Energy GmbH. In addition to the cooling capacity, the latter also differ in the temperature
range of the produced chilled water from the remaining manufacturers, as they have specialized in
cold water temperatures >16 °C. This has made it possible to develop a compact system that
bridges the gap between classic cold water production and cooling tower applications.
Furthermore, the manufacturer has succeeded in developing a mass produced chiller with water as
the refrigerant. It is therefore to be expected that the relevance of R718 in the area of compression
refrigeration systems will continue to rise and establish itself as a serious refrigerant in this area.
For the reasons mentioned above, we take a closer look at the technology of Efficient Energy
GmbH below.
The currently available chiller consists of two modules, two plate heat exchangers, two hydraulic
switches and the necessary hydraulic connecting pipes (Fig. 5). The two modules in the system
operate according to the principle illustrated in Fig. 4 with external heat exchangers, with the inlet
of the evaporator of the second module connected to the outlet of the condenser of the first module
and thus connected downstream as a cascade of the first stage. As already described, the two
plate heat exchangers represent the delimitation of the vacuum system and the interface to the
secondary side. With the two switches integrated into the hydraulic connecting lines, it is possible
to switch between different operating states. This is done automatically depending on the cooling
water temperature in relation to the required chilled water temperature and ranges from pure free
cooling operation over single-stage operation up to two-stage operation at highest cooling water
temperatures.
a)

b)

Figure 4: single stage R718 process with a) external and b) internal heat exchangers
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Figure 5: Schematic of the Efficient Energy R718 chiller

3. APPLICATIONS
This section presents application examples that successfully use water as a refrigerant in
compression refrigeration systems.
Cooling of small data centers / server rooms
The task is to cool a highly efficient data center with a maximum cold air temperature of 25 °C. The
special feature of this application was the slowly growing demand for cooling due to the gradual
expansion of the servers. The challenge was the initially low cooling capacity of around 8 kW to
10 kW, which corresponds to approximately 10 % to 15 % of the installed cooling capacity. As a
solution, the racks in the server room were set up in a warm aisle containment. The cooling air is
supplied to the servers via Sidecooler.
After commissioning in the summer of 2016, it quickly became clear that operation was highly
efficient even at this low part load. This is due to the continuously variable speed centrifugal
compressors in conjunction with the integrated free cooling.
Over a period of 18 months, this measurement has been used to establish a work data based on a
measured annual energy efficiency >18.
Air conditioning
In this example, two alternative systems were combined, a chiller with the refrigerant R718 and a
PV system for the necessary energy supply.
Water as a refrigerant has the advantage that no extra machine room is needed for the installation
and thus the chiller could be placed in an adjoining room of the staircase. To compensate for
fluctuations in power generation, a power storage of 28 kWh was installed, which can cover a
complete daily cycle in the summer. The combination of electrical and thermal storage (cold water
hydraulics) in conjunction with the part-load-efficient centrifugal compressor ensures that the
cooling is covered by the daily cycle, including pre- and post-cooling of the building structure. At
favorable outdoor temperatures, a partial or complete free cooling is used at night, which
significantly prolongs the service life of the battery storage.
By selecting the appropriate ceiling cassettes, the cold water inlet temperature of 16 °C could be
confirmed. In summer there is a cooling load of 25 kW. The use of office space initially led to an
occupancy rate of only 40 % - 60 %. By exploiting the pre- and post-cooling of the building
structure, an annual work figure (averaged EER) for the refrigeration system of more than 12 is
aimed for. This is unique in connection with a mechanical office cooling with the possibility of
unlimited indoor installation of refrigeration.
Sustainable validation of the targeted efficiency can only be achieved after at least 12 months.
However, previous experience on days with high outside temperatures already exceeded all
expectations.
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Process cooling
As an example of the process cooling, the cooling of an extruder for the production of an endless
product is presented. Due to the processing of different product recipes and resulting changes in
the heat load and the temperature control, the extruder is not connected to the central cold water
supply.
The required temperature range of the generated cold water is between 16 °C and 20 °C and the
cooling capacity at about 30 kW. Further criteria were the installation as close as possible to the
extruder, integrated free cooling to reduce energy costs and the use of an environmentally friendly
and sustainable refrigerant.
Since commissioning in July 2017, the chiller has been in continuous operation. The operator on
site confirms the ease of use when changing the product and thus changing flow temperatures
between 16 °C and 18 °C depending on the dimension. After one year of operation, the eChiller
Monitoring has determined an annual energy efficiency of over 16 refrigeration.

4. OUTLOOK
Due to the freezing point of water at 0 °C, this refrigerant can’t be used for low-temperature
refrigeration without admixture of other substances. This is only possible by combining water as a
high-temperature stage with other natural refrigerants in the low-temperature stage in a cascade.
The refrigerants CO2 (R744) and propane (R290) are also proposed for the use of such cascade
systems in the small power range.
The possible interconnections can be divided into partial and full cascades as well as direct and
indirect constructions. Fig. 6 on the left shows an indirect full cascade with secondary circuit
between condenser of the R290 stage and evaporator of the R718 stage. In the middle you see a
direct full cascade, which makes the liquefaction of the CO2 stage directly in the evaporator of the
R718 stage. On the right side a partial cascade is shown. In this setup, the supercritical CO 2 gas
after the gas cooler is further subcooled by means of the water stage.

Figure 6: cascade systems

5. CONCLUSION
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Due to the currently applicable F-Gas Regulation, the Ecodesign Directive and the strong increase
in environmental awareness among users, the trend in refrigeration with compression refrigeration
machines is moving towards natural refrigerants. Water (R718) occupies a special position not only
in this group, as it is neither flammable nor toxic and has an ODP and GWP value of zero. In
addition to the future-proof availability is not foreseeable that the use is prohibited neither nationally
nor internationally.
Applied with these requirements and in the right temperature and cooling range, water, as the
oldest known refrigerant, is a forward-looking solution for ensuring the supply of refrigeration
safely, efficiently and in an environmentally friendly manner.
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ABSTRACT
A LiBr-H2O triple-effect absorption chiller is currently under development in Korea. The chiller has
three generators and a newly developed reverse-parallel solution flow was applied. Since the tripleeffect absorption chiller has more system components and the flow of the solution is complicated,
the control of the system is much more difficult than a conventional double-effect absorption chiller.
Therefore, dynamic simulation is required to understand the characteristics due to the change of
operation conditions. In this study, a dynamic simulation model has been developed for a reverseparallel flow triple-effect absorption chiller, and the transient behaviours due to the change of
operation conditions have been studied. The effects of the variation of the gas input, the cooling
water temperature, and the chilled water temperature have been investigated. The simulation results
will be compared with the experiments. It is expected that this study will be able to supply important
information in developing an optimal control method of the triple-effect absorption chiller.
Keywords: Triple-effect Absorption Chiller, LiBr-H2O, Dynamic Simulation.

1. INTRODUCTION
Double-effect absorption chillers which have two generators are commonly used to reduce the
electric peak caused by the cooling load. However, there are increasing needs for the research and
development of triple-effect absorption chillers which have much higher COP than double-effect ones.
Compared with a double-effect absorption chiller, a triple-effect absorption chiller cycle becomes
more complicated by adding one more generator. Various solution flows are possible depending on
the way to connect the absorber and the generators. Seo and Jeong (2017) investigated the
characteristics of the triple-effect absorption chiller cycles with 4 different solution flow types, and
suggested that a reverse-parallel solution flow is most suitable because it has a relatively high COP
and requires a low maximum pressure in the high temperature generator.
Dynamic simulations are required to control the system effectively in various situations such as the
start and stop of the system. Several studies have been conducted on the dynamic simulation for
absorption systems. Jeong et al. (1998) suggested a dynamic simulation model and carried out a
simulation on an absorption heat transformer using waste heat. Matsushima et al. (2010) carried out
a dynamic simulation to investigate transient behaviour of double-effect and triple-effect absorption
chiller. However, the effect of the change of operating conditions which affect the performance of the
system have not been investigated. In this study, a dynamic simulation model has been developed
for a reverse-parallel flow triple-effect absorption chiller, and the transient behaviours due to the
change of operation conditions have been studied. The effects of the variation of the gas input, the
cooling water temperature, and the chilled water temperature have been investigated. The simulation
results have not been verified yet, however, it is expected that this study will be able to supply
important information in developing an optimal control method of the currently developed triple-effect
absorption chiller.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2138

2. TRIPLE-EFFECT ABSORPTION CHILLER WITH REVERSE-PARALLEL SOLUTION
FLOW
Seo and Jeong (2017) suggested an advanced triple-effect absorption chiller cycle with a reverseparallel solution flow as shown Fig. 1 (left side). The system has three generators (LTG, MTG, HTG),
two-stage evaporators (EVA 1&2), two-stage absorbers (ABS 1&2), a condenser (CON), three
solution heat exchangers (HSX,MSX,LSX), and auxiliary heat exchangers. Auxiliary heat
exchangers (ESX, RSX) were applied to further increase the COP. In case of reverse-parallel
solution flow the solution from ABS1 flows to LTG, then it is divided parallelly into MTG and HTG.
Since the solution flow is a combination of a reverse and parallel flow, the new cycle was named as
a ‘reverse-parallel’ flow. It is expected that the COP of 1.74 could be obtained.

Figure 1: Flow diagram of triple-effect absorption chiller with reverse-parallel solution flow.

3. DYNAMIC SIMULATION PROGRAM
A dynamic simulation program has been developed to investigate the unsteady characteristics of the
triple-effect absorption chiller described above. Important features of the program are summarized
as follows.
(a) Main heat exchangers (EVA1&2, ABS1&2, LTG, MTG, HTG, and CON) are described as
lumped system with the mass flow and heat transfer.
(b) The mass and the thermal capacity are neglected for solution heat exchangers (LSX, MSX,
HSX) and auxiliary heat exchangers (RSX, ESX) because they have much smaller masses
compared with main components.
(c) The working fluid is lithium bromide aqueous solution, and it is in a saturated state.
(d) It is assumed that the LNG fuel is burned with 20% excess air.
(e) Because the mass of vapour in a main heat exchanger is negligible, only the liquid phase of the
solution or refrigerant is considered as a control volume.
3.1.

Mathematical Modelling

The balance equations for mass, concentration, and energy are applied to the control volume.
(Mass balance)

dM
=
dt

m! e
åi m! i - å
e

Eq. (1)

(LiBr mass balance)
For the absorber and generators, concentration balance equation is given as below.

M

dx
dM
+x
= å m! i xi - å m! e xe
dt
dt
i
e
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(Energy balance)
For the evaporators and condenser, the energy balance is given as follows.

é ¶h
êM
ë ¶T

ù dT
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dM
÷÷ + McC p ú
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= Q! + å m! i hi - å m! ehe
dt
i
e
øsat
û dt

Eq. (3)

For the absorbers and generators, the energy balance equation is given as follows.

é ¶h
êM
êë ¶T

ù dT
ö
¶h ö dx
dM
+M
÷÷
+h
= Q! + å m! i hi - å m! ehe
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¶x øT dt
dt
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e
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úû dt

Eq. (4)

The mass flow rate of vapour from the evaporator and the generator is described as follows.

m! v = C DP

Eq. (5)

If C is large enough, ΔP becomes very small and the pressure of the evaporator and the absorber
becomes almost the same, which represents the condition of the actual system.
The mass flow rate of solution from the generator is assumed to be controlled by the solution level.
It is described using the ratio of the instantaneous volume to the reference volume.

m! s = m! s ,ref Vs ×V -1s ,ref

Eq. (6)

Heat transfer is described using the UA-value and the log mean temperature difference (LMTD) in
each heat exchanger. This is expressed by Eq. (7) as below.

Q! = UA × LMTD
3.2.

Eq. (7)

Input Conditions

The design values of the first prototype of 100RT triple-effect absorption chiller were used to carry
out the simulation. Some of the design conditions such as the overall heat transfer coefficient
multiplied by heat transfer area (UA-value) are given in Table 1. The initial temperature and
concentration which had been obtained from the steady-state simulation were used for the dynamic
simulation as shown in Table 1.
Table 1. Initial condition and the UA-value of each component

Component

EVA1

EVA2

ABS1

ABS2

CON

LTG

MTG

HTG

75

75

51.8

51.8

46.5

23.4

18.4

0.45

Tinitial [ C]

5.4

8.5

36.2

34.2

38.5

74.8

127.8

200.4

ξinitial

-

-

0.561

0.534

-

0.551

0.584

0.622

LSX

MSX

HSX

ESX

RSX

-

-

-

11.4

13

5.6

1

0.08

-

-

-

-1

UA-value [kW∙K ]
o

Component
-1

UA-value [kW∙K ]

4. RESULTS AND DISCUSSION
Since the absorption chiller does not always in a steady state, dynamic simulation was carried out
to investigate the operation characteristics due to the change of operating conditions. In this study,
three operation parameters were considered that mainly influence the system performance; the
mass flow rate of fuel, the inlet temperature of the chilled water, and that of the cooling water.
At the initial state, the mass flow rate of fuel is 0.0039[kg∙s-1], the chilled water temperature is 12℃
and the cooling water temperature is 32℃. The simulation was carried out for an operation cycle of
14,400 seconds or 4 hours. A cycle is composed of 5 stages; ① a steady process at the design
condition for 600 seconds, ② a linear change process for 600 seconds, ③ a steady process at the
changed condition for 6,600 seconds, ④ a linear change process to the design condition for 600
seconds, and finally ⑤ a steady process at the design condition for 6,000 seconds.
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4.1.

Effect of mass flow rate of fuel

Fig. 2(a) shows the periodical change of mass flow rate of fuel as described above. The mass flow
rate is reduced linearly by 60% for 600 sec, and the operating condition is maintained for 6,600
seconds until the system almost reached the new steady state. After the design condition is restored,
the system is stabilized in the same way. Fig. 2(b) and (c) represent the effect on the cooling capacity
and the COP with the change of mass flow rate of the fuel. The cooling capacity gradually decreases
as shown in Fig. 2(b) with decreasing mass flow rate of fuel. As the mass flow rate of the fuel
decreases, the heat input to the HTG is reduced, which in turn reduces the vapor generation. As
shown in Fig. 2(c), the COP increases rapidly at the second stage when the fuel mass flow rate
decreases. At the third stage, it gradually decreases as the cooling capacity decreases.

Figure 2: Characteristics for change of mass flow rate of fuel
(a) mass flow rate of fuel; (b) cooling capacity; (c) COP

4.2.

Effect of inlet temperature of chilled water

Fig. 3(a) shows the periodical change of the inlet temperature of the chilled water. The temperature
is increased linearly up to 14℃ for 600 sec. Fig. 3(b) and (c) represent the effect on the cooling
capacity and the COP with the change of the inlet temperature of chilled water. The cooling capacity
is directly affected by the chilled water temperature because the chilled water exchanges heat with
the refrigerant in the evaporator. Therefore, the cooling capacity rapidly increases with increasing
inlet temperature of the chilled water as shown in Fig. 3(b). However, at the second stage, the cooling
capacity decreases gradually. As shown in Fig. 3(c), the COP shows the same tendency as the
cooling capacity since the heat input to HTG does not change for the whole cycle.

Figure 3: Characteristics for change of chilled water inlet temperature
(a) chilled water inlet temperature; (b) cooling capacity; (c) COP

Figure 4: Characteristics for change of cooling water inlet temperature
(a) cooling water inlet temperature; (b) cooling capacity; (c) COP
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4.3.

Effect of inlet temperature of cooling water

As shown in Fig. 4(a), the temperature increases linearly by 2 K at the second stage. Fig. 4(b) and
(c) show the results of the change of the cooling water temperature. Due to the increase of the
cooling water temperature, the temperature and pressure of the absorber increase. Therefore, the
pressure difference between the evaporator and the absorber is decreased, and in turn the
evaporation is reduced. Also, the condensation of the refrigerant is decreased with decreasing
cooling water temperature. Therefore, the cooling capacity is seriously reduced if the cooling water
temperature is increased as shown in Fig. 4(b). As shown in Fig. 4(c), the COP is changed similarly
to the cooling capacity, because the heat input to the HTG remains constant during the cycle.

5. CONCLUSIONS
In this study, a dynamic simulation program for a triple-effect absorption chiller with a reverse-parallel
solution flow has been developed and the operation characteristics at transient state were
investigated with the change of three operation parameters; the mass flow rate of fuel, the inlet
temperature of the chilled water, and that of the cooling water. The simulation was carried out for an
operation cycle of 14,400 seconds or 4 hours. It is found that the cooling capacity and the COP
change as expected. The change of the operating parameters influences the system with a time
delay because of the thermal capacity of the system components. It is expected that the simulation
program can describe the system response properly at a transient process. The simulation results
in this study can be usefully applied for the optimal control of the triple-effect chiller. The verification
of the simulation program will be carried out using the experimental results.
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NOMENCLATURE
M
Mc
Cp
h
H
P
T
EVA
CON
MTG
LSX
HSX
ESX

Mass of working fluid in container (kg)
Mass of container (kg)
Specific heat capacity (kJ∙K-1∙kg-1)
Specific enthalpy (kJ∙kg-1)
Enthalpy (kJ)
Pressure (kPa)
Temperature (K)
Evaporator
Condenser
Middle temperature generator
Low solution heat exchanger
High solution heat exchanger
Exhaust gas solution heat exchanger

t
𝑄̇
𝑚̇
ξ
U
A

Time (s)
Heat transfer rate (kW)
Mass flow rate (kg∙s-1)
Concentration (%)
Heat transfer coefficient (kW∙K-1∙m-2)
Heat transfer area (m2)

ABS
LTG
HTG
MSX
RSX

Absorber
Low temperature generator
High temperature generator
Middle solution heat exchanger
Refrigerant solution heat exchanger
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ABSTRACT
A small-scale cascade refrigeration system using CO2-sublimation is introduced in this study. The
upper stage is provided with a condensing unit and operates with R-452A. The lower stage is
equipped with a rolling piston compressor, a capillary tube as throttling device and the sublimation
unit including a visualization section. An operation point below the triple point of CO2 is achieved in
a laboratory test. Clogging effects in the system were observed and are discussed. Design
improvements are considered in order to reduce and omit the risk of clogging. It is shown that the
CO2-sublimation cycle can be realized by the presented demonstration unit. Further work should
focus on long term reliability tests and the improvement of the system performance.
Keywords: Carbon Dioxide, Sublimation, Cascade

1. INTRODUCTION
Carbon dioxide (CO2), as a natural refrigerant, is widely used in many refrigeration and heat pump
applications covering a large temperature range. The lower temperature limit for common CO2
vapor compression cycles is usually considered to be the triple point of CO2 (-56 °C and
0.52 MPa). Below that the occurrence of solid CO2 could cause blockage in the components and
pipe lines, which is generally avoided.
Recent studies, however, have shown the possibility of extending the application range of CO2
beneath its triple point in a refrigeration cycle, or in other words, a sublimation cycle. Yamaguchi
and Zhang (2009) established for the first time a working cycle of CO2-sublimation on a laboratory
scale. The blockage issues were further investigated under specific operation conditions
(Yamaguchi et al., 2011) and design improvements were made (Iwamoto et al., 2015). This kind of
system using pure CO2 sublimation is considered as “dry sublimation” (Langebach et al., 2016),
which means exclusively solid and gaseous CO2 exist in the sublimation heat exchanger or
“sublimator” without an extra carrier fluid. A basic CO2 dry sublimation cycle is presented in Fig. 1.

Figure 1: A basic sublimation cycle in log (p)-h-diagram
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The main theoretical basis behind it is, that within a homogeneous solid-gaseous two-phase flow of
CO2 the volume fraction of solid is normally considerably small due to the large density difference
between the solid and gaseous phase. Taking the cycle in Fig. 1 as an example, the vapor quality
is approximately 0.4 after an isenthalpic expansion and the equivalent volume fraction of the solid
CO2 is less than 0.3 %. However the assumed ideal homogeneous flow conditions cannot always
be achieved. Previous experiments of several expansion devices in the open cycle have shown
that flow behavior is strongly depending on the inlet condition of the expansion (Xu et al., 2018).
The tube wall in the downstream of expansion could greatly influence particle agglomeration (Liu et
al., 2010 and 2012) which could eventually influence the homogeneity of the flow and reduce the
heat transfer as well (Yamasaki et al., 2017). Further investigations are still required in order to fully
understand the CO2 solid-gaseous sublimation flow in a refrigeration cycle, so that it could be
brought into practical applications.
If the technical challenges could be overcome, CO2, especially regarding the non-flammability,
would be a reasonable replacement for R-231 in certain refrigeration applications such as
environmental simulation and freeze drying process at temperatures of down to -80 °C (Langebach
et al., 2016).
In this study, a small scale demonstration unit featuring a visualization section is designed also
based on the principle of “dry sublimation”. First experimental results on this system are presented.

2. SYSTEM SETUP
In this section the design of the demonstration unit and its main components are introduced. The
cycle and dimensions of the machine can be seen in Fig. 2.

Figure 2: The demonstration unit: a) schematic diagram; b) photo

The upper stage of the cascade is a conventional refrigeration cycle consisting of a condensing
unit, a plate heat exchanger as well as a thermostatic expansion valve and is operated with the
refrigerant R-452A.
The lower stage is equipped with a standard hermetic rolling piston compressor for CO2 with a
displacement of 5 cm³. The rotation speed can be varied between 2700 and 6000 rpm by means of
a frequency converter. PAG PZ100S is used as Lubricant oil. There is no oil separator in the
system. Since the discharge temperature of CO2 is expected to be very high, a simple
desuperheater is built in between the compressor and the cascade heat exchanger. It consists of a
horizontally installed copper-helix with a length of approximately 5 m and two DC fans utilized as
air supply.
The main throttling device of the lower stage is a capillary tube with a length of 1 m and inner
diameter of 0.7 mm. In addition there are two regulating valves in the system. Valve A is located at
the inlet of the capillary tube while valve B is installed in the suction line of the compressor. The
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1

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2144

interplay of these two valves should enable to adjust the evaporation / sublimation pressure within
a certain range.
The sublimation section is the most important part in this system and it has two main tasks. Firstly
the solid CO2 should be able to go through the whole section with less clogging and get fully
sublimated. Secondly the flow and sublimation process should be preferably visible.
The first design with 3 standard round sight glasses in series is failed. On the one hand, the
repeating change in cross-section area between the sight glasses and connection pipes increase
the chance of blockage, and on the other hand the observed flow is not fully developed and can
hardly represent the condition of a typical pipe flow. A glass tube could be a better option for the
visualization in this case. However the high system pressure of CO2 is problematic, especially
considering the potential blockage in operation. Concerning safety issues, a robust long sight glass
is finally chosen. It has a square flow channel with an area of 18 mm × 30 mm and the visible
length is 298 mm. The detailed view and geometry of the sight glass is illustrated in Fig. 3 and
Fig. 4.

Figure 3: The visualization section: a) photo in detailed view; b) setup for the visualization

Figure 4: Geometry of the sight glass with electrical heating: a) frontal view; b) cross-section view

The sight glass is equipped with electrical heaters. The heating area is divided into 3 zones.
Overall 16 cartridge heaters are used. The single heater is firstly installed in the center of a copper
block and then the block is pressed onto the outer surface of the flow channel in the area between
two screws. For each zone, a thermocouple measures the upper surface temperature of the sight
glass wall and is connected to a temperature controller, so that the heating temperature of each
zone can be set separately. The first two heating zones are equipped with 6 heaters and the last
with 4 heaters. Each heater has a nominal heating power of 30 W. Thus the maximal heating
power for the whole section is 480 W. However, due to the limitation of the geometry as well as
lack of the way to install proper thermal isolation, an accurate heat balancing is very difficult and
thus is renounced in this study.
As secondary sublimator/superheater, a copper-helix is vertically installed in downstream of the
visualization section. An additional sight glass at the end of the entire sublimation section enables
to observe if all solid CO2 has been fully sublimated.
Besides the temperature measurements of the sight glass, there are 5 temperature and 2 pressure
measuring points for the lower stage, which are shown in Fig. 2a. Pressures are measured with
pressure transmitter with an uncertainty of ±0.25 %. The CO2 sublimation pressure is obtained
directly after the outlet of the visualization section. Temperatures are measured by clamp-on
thermocouples of type T. The measuring data are sampled every 0.5 s. For the upper stage, two

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2145

manometers indicate the evaporation and condensing pressure and there are no direct
temperature measurements. The environment temperature during the experiments is 18±2 °C.

3. RESULTS AND DISCUSSIONS
3.1 Pressure and Temperature Measurements
All experiments shown in this paper were carried out with the same compressor speed of 45 rps,
corresponding to a theoretical suction volume of 0.81 m³∙h-1. Valve B was set to full open. Two
settings of valve A were used: one for sublimation operation and the other for conventional
evaporation operation (set to full open).
During first tests the lower stage of the machine is filled with 500 g CO2. The temperature and
pressure developments after a start-up of the machine for the sublimation operation are shown in
Fig. 5. The operation with sight glass heating on (Fig. 5a) is compared with the one without extra
heating (Fig. 5b), where all heat intakes comes from the ambient and the supporting frame. The
sublimation temperature is calculated based on the measured pressure values using fluid property
software TREND 3.0 (Span et al., 2016). They are presented together with the surface
temperatures of the sight glass in Fig. 6. The timelines of the diagrams are marked with 6
timestamps (TS) in total.
The first impression of the pressure curves is, that the CO2 charge is too high. It can be seen from
Fig. 5a that the condensing pressure of CO2 reaches 60 bar, equivalent to a condensing
temperature of 22°C. In this case, the machine is operated without much benefit of the upper
stage. However, in other aspects, this specific operation condition reveals quite interesting results.
From Fig. 5a, shortly after the machine starts up, the sublimation pressure reduces below the triple
point of CO2 down to 3.2 bar at TS1 and remains nearly constant for about 3 min until TS2. Then
temporary clogging periodically occurs and the pressure starts to fluctuate. At TS3 the pressure
reaches the triple pressure within 2 s. Liquid CO2 comes out of the capillary tube and the previous
blockage is fast melted. This kind of self-cleaning mechanism by pressure fluctuations is very close
to the findings by Huang et al. (2007). From Fig. 5b, where there is no extra heating, the
sublimation pressure curve is similar at the beginning until TS4. After that the pressure decreases
gradually. Most part of sight glass is blocked with CO2 and the flow channel becomes increasingly
smaller. The drop of condensing pressure also indicates that at this moment most of the CO2 in the
system becomes solid and accumulated in the sight glass instead of the condenser. The whole
visualization section is fully blocked at TS5. However, the compressor continues running and
eventually the suction pressure drops below the ambient pressure. At TS6 the compressor is
stopped manually. Further visual observations related to the timeline are discussed in next
subsection.
It has been found out that the heat transfer directly after the outlet of the capillary tube is much
better than that in the downstream areas. As can be seen from the diagram, the installed heating
power is not sufficient to maintain the surface temperature of the heating zone 1 at the preset
temperature of 20°C. When heating is turned off, the surface temperature of zone 1 also drops
much faster than that of other two zones.
In addition, temperature diagrams shows that T5, which is measured at the outlet of the
visualization section, is 20 – 30 K higher than the sublimation temperature. It tells that the CO2
after the visualization section is already superheated. However, at the same time solid CO2 can still
be seen in the sight glass within close proximity to the outlet. Although the clamp-on thermocouple
does not measure the fluid temperature directly, it should not be the main cause of such large
temperature deviation. It is believed that the solid and gaseous two phases are in non-equilibrium
states. Considering the low heat transfer between the solid and gas, it is more difficult for a solidgaseous two-phase system to reach its equilibrium than a liquid-gaseous system. In comparison,
the occurrence of liquid CO2 at TS3 makes a fast temperature equalization, which causes a
sudden decrease of T5. Similar results can also be found at a time around 23 min in Fig. 5a and
21 min in Fig. 5b. At the outlet of the secondary sublimator, where the temperature is close to the
ambient temperature (T1), no solid CO2 particles have been observed. Thus, an extra superheating
or rather long particle residence time should be considered when making sublimation heat
exchanger designs, in order to prevent solid particles from entering the compressor.
In the following experiments CO2 charge is reduced to 400 g. The new pressure and temperature
curve for the operation without heating are presented in Fig. 7.
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Figure 5: Development of temperatures and pressures for unstable sublimation operations.
CO2 charge 500 g: a) heating on at 20°C; b) heating off.

	
  
Figure 6: Surface temperature development for different heating zones (HZ) and calculated saturated
sublimation temperature using TREND 3.0 (Span et al., 2016): a) heating on at 20°C; b) heating off.

Figure 7: Development of temperatures and pressures for a stable sublimation operation.
CO2 charge 400 g.
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Compared to Fig. 5b, there is a significant decrease in the condensing pressure and discharge
temperature. The sublimation pressure is lower and with less fluctuation, though the overall cooling
capacity should also be lower. It shows that a stable CO2 sublimation cycle can be realized under
the prescribed operating conditions, however, by no means an optimized one. For other operating
conditions, for example at higher compressor speeds or higher opening degrees of the valve, large
pressure fluctuation and blockage could still happen. It requires further investigations.
3.2 Observation of the Flow Patterns
Different flow patterns observed during the experiments are shown in Fig. 8.

Figure 8: The two phase flow pattern: a) homogeneous S-G (solid-gaseous) flow; b - e) unstable S-G
flow with temporary blockage; f) full blockage; g) stable S-G flow (stratified); h) liquid-gaseous (L-G)
flow (stratified / annular).

A homogeneous solid-gaseous (Fig. 8a) flow can be seen shortly after the machine starts up at a
time between TS1 and TS2 (compare Fig. 5). The solid CO2 in the main stream are mostly primary
particles and their sizes are in range of several microns (Xu et al. 2018), so it is hardly resolvable
by the camera. When the primary particles contact the hot surface, it gets immediately sublimated.
Only few solid CO2 particles remain on the surface. As more and more CO2 particles are deposited
on the surface (Fig. 8b), they serve as an isolation layer and reduce the rate of sublimation. At the
same time some deposited CO2 get entrained into the main stream (Fig. 8c) and forms larger
agglomerated particles in size of several millimeters (Liu et al., 2010 and 2012). At this stage, if no
new balance for sublimation, deposition and re-entrainment can be achieved, the flow will become
unstable and turn into two new forms (Fig. 8d and 8e). They both look like the plug flow with solid
CO2. The difference between these two is that the “plug” in Fig. 8d is pushed by the pressure
difference and moves in the downstream direction, while in Fig. 8e the “plug” is stationary. With the
porous structure it does not fully block the flow channel and can still be fast sublimated. After the
release of the “plug” the flow pattern changes back to its starting form (Figs. 8b and 8c).This
process repeats periodically and causes the pressure fluctuation (starting from TS2 on the
timeline). If the sublimation speed is even slower (for example without extra heating), the porous
CO2 plug will gradually turn into a large dense block (Fig. 8f) between TS4 and TS5 on the timeline
(compare Fig. 5b). The flow channel will become increasingly smaller and eventually a full clogging
takes place.
The discovered stable solid-gaseous flow is stratified (Fig. 8g). It should be achieved when the rate
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of sublimation, deposition and re-entrainment reach a balance. Unlike the stratified liquid-gaseous
two-phase flow (Fig. 8h), however, there is no regular phase boundary for the solid-gaseous flow.
It should be mentioned, that the observed flow pattern is influenced by the lubricant oil to some
degree. Sometimes, a thin oil layer or droplets can be found near the upper and lower surface of
the sight glass wall, as can be seen in Fig. 8g. It is distinguished from the condensed water on the
outer surface of the sight glass. However in most cases, it is not clear, how the oil flows together
with the solid-gaseous CO2. It is believed that there is no oil return problem during the experiments,
since oil can be constantly seen in the sight glass at the compressor suction line. However, it
should be noted that the wall temperature of an actual sublimator under practical operating
conditions is much lower than the experimental conditions in this study, which could cause oil
return problems. Therefore, further investigations on oil management for the sublimation cycle are
required. The effect of oil in the sublimation heat exchanger is complicated. On the one hand, it
could potentially reduce the heat transfer, while on the other hand it could serve as lubricant for the
solid particles and lower the chance of blockage as well.

4. CONCLUSIONS
A novel small scale demonstration unit for CO2-sublimation cycles featuring a visualization section
is introduced, which enables for the first time observations of solid-gaseous two-phase flow in a
closed refrigeration cycle. A basic study of the flow patterns is made. The development in flow
patterns is compared with the temperature and pressure changes simultaneously. A stable
operation of the CO2 cycle below the triple point has been achieved under particular operating
conditions, in which the rate of sublimation, deposition and re-entrainment reach a balance. It can
be inferred that refrigerant charge, valve opening degrees and compressor speed all have
influences on the stability of the process. Further investigations will be focused on the system
performance under different operating conditions and oil management.
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NOMENCLATURE
GWP100

global warming potential over 100
years (-)

HZ

heating zone (-)

p

pressure (kPa)

T

temperature (K)

t

time (s)

TS

timestamps (-)

0

evaporation / sublimation

c

condensation

tri

triple point

Subscript
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ABSTRACT
In this paper, an experimental apparatus of air source heat pump water heater (ASHPWH) using
R290 as working fluids was established in a climatic chamber to evaluate its performance and
application feasibility. The air source heat pump water heater increased the water temperature up to
70℃ at working conditions of 0℃, to 65 ℃ and 55 ℃ at working conditions of -7℃ and -15℃,
respectively, without coefficient of performance (COP) decreasing compared to the typical range of
ASHPWH. Among all the testing conditions, the maximum discharge pressure of the compressor is
3.11MPa, the maximum discharge temperature is 98.8℃, and the maximum pressure ratio is 8.1,
which are in the valid operating range of the compressor. The influence of refrigerant charge and
capillary tube length on the system performance were also investigated, results show that the
suitable charge not only increases COP, but also reduces pressure ratio and discharge temperature.
Keywords: R290, air source heat pump water heater, experimental analysis, high water temperature,
performance analysis

1. INTRODUCTION
Refrigerants used in the heat pump system may cause environmental problems such as ozone layer
depletion and the greenhouse effect. The studies of alternative environmentally friendly refrigerants
can be divided into four sectors: pure hydrofluorocarbons (HFCs) with low-GWP, natural refrigerants,
hydrofluoroolefins (HFOs) and blends of the above mentioned refrigerants (Calm, 2008).
R290, as a hydrocarbon, is a natural existing substance which causes almost no damage to the
environment with zero ODP and very low GWP and has been considered as a potential substitute.
R290 is also a by-product in the refinery process and is therefore inexpensive. Its thermodynamic
properties are very similar to R22 and it has good compatibility with naphthenic mineral oils, thus it
can be used in the original system without major modification. D. Sánchez et al. (Sánchez et al.,
2017) evaluated the performance of R1234yf, R1234ze(E), R600a, R290 and R152a as R134a
alternatives and found that R290 obtained the best results: cooling capacity and COP increased by
40.5% to 67.4% and 2.8% to 22.4% respectively, with a increment in power consumption up to 44.8%
compared to R134a. Ki-Jung Park et al. (Park and Jung, 2007) measured the thermodynamic
performance of two pure hydrocarbons and seven mixtures to replace R22 in a heat pump/airconditioner at the evaporation and condensation temperatures of 7 ℃and 45 ℃ ,respectively. The
COP of R290 is 1.8% higher than that of R22 and evaporation capacity decreased by 11.5%. The
discharge temperature was reduced by 17.3 ℃ and the refrigerant charge was 44.4% of R22. Other
researchers got the similar conclusion. Yunho Hwang (Hwang et al., 2007) found the COP of R290
is 11-12% and 4-9% higher than that of R404A and R410A respectively under the condensing
temperature of 35℃ and evaporating temperature of -23.3 ℃ and 1.7 ℃.
The main drawback of R290 is its flammability. In fact, many studies have been done to deal with
this problem, including reducing the refrigerant charge by optimizing the heat exchanger, capillary
tube length or system control, and studying refrigerant distribution regularities in various components
(Blanco Castro et al., 2005; Fernando et al., 2004; Ghoubali et al., 2017; Saravanan et al., 2016;
Tang et al., 2017; Thonon, 2008). In addition, for an ASHPWH system, the units containing
refrigerant can be positioned outside of the house and has hardly any danger of explosion, there are
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no severe limitations for the use of hydrocarbon refrigerants in most countries (Granryd, 2001).
Therefore, it’s quite possible to achieve the safe use of R290 in small capacity heat pump water
heaters with precautions. However, there are limited studies about R290 heat pump water heaters.
Redouane Ghoubali et al. (Ghoubali et al., 2017) researched a R290 ASHPWH system at the
environmental temperature of 7 ℃ and raised the water temperature up to 53.3 ℃, mainly to reduce
the refrigerant charge by testing three types of condensers. P. Fernando et al (Fernando et al., 2007)
established a water-to-water heat pump using R290 to simulate the ground source heat pump and
the heat source fluid are varied from -10 ℃ to 10 ℃ with the constant condensing temperature up to
60 ℃. Studied the relation between refrigerant charge and evaporating/condensing temperature.
Other studies on the heat pump water heater involved R290 are mainly about the mixture refrigerant
of R290 and other HFCs (Lv et al., 2015; Yu et al., 2010). On the other hand, Chinese standard
provides that the outlet temperature of the heat pump water heater is 55 ℃. But the hot water of
40-55 ℃ have health risks, because it is suitable for the propagation of legionella, which can cause
atypical pneumonia of a high mortality rate and usually spread by air conditioning system and the
living hot water system (Puckorius, 1995). In order to ensure the safety of water supply, this paper
try to raise up the water temperature up to 70 ℃.
No researcher has tried to raise the water temperature up to 70 ℃ in ASHPWH using pure refrigerant
R290 or extend the working condition down to -15 ℃. As well known, it is difficult for air source heat
pump water heater to heat water at low ambient temperature conditions or raise the water
temperature up above 60 ℃ under nominal conditions because the low evaporating temperature and
high condensing temperature will make the discharge temperature and pressure ratio exceed the
operating range the compressor can endure. Taking advantage of R290's low saturation pressure at
the high temperature range, this paper tried to raise the hot water temperature up to 70 ℃ in a heat
pump water heater bench tester under different temperature conditions, and measured the
performance mainly about the discharge temperature, pressure ratio and water heating rate, to
validate its feasibility.

2. EXPERIMENTAL FACILITY AND PROCEDURE
2.1.

Comparison of discharging temperature with different refrigerant

The performance of R290 ASHPWH producing 70 ℃ hot water was compared with other refrigerants
under various conditions. The thermal calculation was carried out and the condensing temperature
was set to 75 ℃, while the evaporating temperature was set to 7.2 ℃, 1 ℃, -5 ℃, -12 ℃ and
-20 ℃ respectively. The superheat degree is 10 ℃ and the subcooling degree is 8.3 ℃. The
isentropic efficiency of compressor is assumed to be 0.72. R410A and R404A are not involved
because of their relatively low critical temperature (<75 ℃).
The theoretical calculation of discharge temperature for the assumed isentropic efficiency are shown
in Figs.1. Under the same conditions, the discharge temperature of R290, R417A and R134a are
approximately the same which is considerably lower than that of R32, R22 and R407C, while the
pressure ratio of R134a and R417A are the highest which exceed 10 when the evaporating
temperature is below -5 ℃. Generally, the highest discharge temperature and pressure ratio that an
ordinary compressor can endure are 130 ℃ and 10, respectively. Therefore R290 with low discharge
temperature and pressure ratio has obvious advantages in producing high temperature hot water
especially at low temperature conditions. For a R290 ASHPWH, when the condensing temperature
is 75 ℃ and the evaporating temperature is -12 ℃, the discharge temperature and pressure ratio
are 108 ℃ and 8.823 respectively. When the condensing temperature is 65 ℃ and the evaporating
temperature is -20 ℃ , the discharge temperature and pressure ratio are 101 ℃ and 9.58
respectively. So, it is feasible for a R290 ASHPWH to produce hot water of 70 ℃ when the
evaporating temperature is above -12 ℃ and obtain 60 ℃ hot water when the evaporation
temperature is -20 ℃ through the above thermal calculation.
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Figure 1. Evolution of discharge temperature and compression rate with the evaporation temperature
for six refrigerants

2.2.

Description of the experimental facility

As shown in Fig.2, the testing ASHPWH system consists of a R290 specific rotary compressor (629
W) for HPWH, the external machine of a heat pump air conditioner (833 W) as evaporator, a doublepipe heat exchanger as condenser, capillary, a water pump and a water tank (20 L). The whole
testing system was placed in a climatic chamber designed for the performance measurement of a 5
kW ASHPWH, in which the temperature and humidity can be controlled at a constant value
independently. The climatic chamber can create the constant temperature from -25 ℃ to 40 ℃. The
connection line of water and refrigerant were wrapped by thermal insulation cotton with a thickness
of 5 cm.
The ASHPWH works all the year round and is influenced by the annual temperature variation
severely, especially when working at low temperature. In order to evaluate the influence, the
experiment was performed under five different working conditions, as shown in table 1. Before the
HPWH system starts, the climatic chamber needs to reach the set temperature and maintain stability,
which is controlled by PID controllers.

Figure 2 Schematic diagram of the ASHPWH system.
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Table 1. Testing condition

A

B

C

D

E

Dry-bulb temperature/℃

20

7

0

-7

-15

Wet-bulb temperature/℃

15

6

-1

-8

-15

2.3.

Data reduction and experimental uncertainties

Many measurement points were arranged to evaluate the performance of system in real time. The
wet bulb temperature and wet bulb temperature of the climatic chamber were acquired by
temperature and humidity sensors equipped in the chamber. The mass flow rate of the circulating
water was measured by a electromagnetic flowmeter, which was adjusted to 0.85m3/h according to
heat transfer coefficient. The water temperature at the inlet and outlet of the condenser were
measured by two PT_100 sensors and the other temperature parameters such as refrigerant
temperature at inlet and outlet of condenser, evaporator and compressor were also precisely
acquired by thermocouples. All the RTD sensors and thermocouples have been calibrated by ice
water mixture and boiling water. The suction and discharge pressure were measured by two
pressure transmitters. And transient electric input power was acquired by an electrical parameters
meter. All the data were stored in a PC automatically through an advanced data acquisition unit
(Agilent model 34970A), the time step was set to 5 seconds. In this paper the inlet water temperature
of the condenser is used to evaluate the performance change. The average COP is calculated by
Eq.1 Eq.2 and Eq.3 in a certain time interval, which depends on the choice of t1 and t2.

Eq. (1)

Q = CP ∗ V ∗ ρ ∗ (T2 − T1 )
1

T

Eq. (2)

P = (t 2 − t1 ) ∗ n ∗ ΣT12
Q

Eq. (3)

COP = P
Table 2. Specifications of instrumentation

Instrument
Thermocouple
Thermo-resistance

Pressure transmitters
Electrical parameters
meter
Electromagnetic
flowmeter

Type
Type T
RTD PT-100
MPM4730
JUMO 401010/000

Range
-50~200 ℃
-0.1~3.5 MPa
0~1 MPa

Uncertainty
±0.5 ℃
±0.1 ℃
±0.25%
±0.5%

MFE600-8-1022.5H00-0000

0.09~0.9 m3/h

±0.5%

3. RESULTS AND DISCUSSION
3.1.

Water heating performance

Fig.3 shows the evolution of water temperature and transient COP with the time under five different
working conditions. When the environmental temperature was above 0 ℃, the water temperature
rose to 70 ℃, while under conditions of -7 ℃ and -15 ℃, the water temperature went to 65 ℃ and
55 ℃, respectively. The final water temperature was chosen depending on the heating rate and
transient COP. It is meaningless to continue heating up when the instantaneous COP is below 1.The
water heating rate decreases as the environmental temperature decreases and the water
temperature rises, the water temperature curve also becomes gentle. To raise water from initial
temperature to 55 ℃, it takes 49min, 35 min, 25 min, 23 min and 19 min for conditions of -15 ℃,
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-7 ℃, 0 ℃, 7 ℃and 20 ℃. While it takes 43 min, 36 min and 29 min to get 70 ℃ under conditions of
0 ℃, 7 ℃, and 20 ℃, the highest hot water productivity is 40.5L/h. There are three reasons for the
decrease of heating rate as the environmental temperature decreases and the water temperature
rises: first, the volumetric heating capacity decreases; second, the refrigerant mass flow rate
decreases due to low compressor volumetric efficiency and low specific volume of the refrigerant at
the compressor suction inlet; third, the water side heat transfer coefficient also decreases with the
increase of water temperature.

Figure 3. Evolution of water temperature and transient COP with the time under different working
conditions

The transient COP is the average COP during 1min. As shown in Fig.3, with a higher environmental
temperature, the transient COP increases apparently. At each environmental temperature, the
transient COP increases at first and then decreases with a peak at the water temperature of 35 ℃.
The peak values are above 2 for all of the conditions and above 3 at conditions of 20 ℃.The average
COP is 1.9, 2.3 and 2.5 at conditions of 0 ℃, 7 ℃ and 20 ℃, when raising water temperature up to
70 ℃. Many studies about HPWH show that the typical range of COP is between 1.8 to 2.5 (Willem
et al., 2017) and the COP is below 2 when the ambient temperature is between 4.4℃ and 15.6 ℃
(Shapiro and Puttagunta, 2013), which is corresponding with the test data but without hot water
temperature up to 70 ℃. The further research about this test bench can perform from these aspects
to improve COP: reduce the initial water temperature to 15 ℃, increase the volume of water tank
(20 L) (Kim et al., 2004) and avoid the heat leakage by moving the condenser and water circulation
system out of the climatic chamber
3.2.

Discharge temperature and pressure

As well known, the discharge temperature, discharge pressure and pressure ratio of the
compressor are three essential parameters for a high temperature ASHPWH. In this study,
suction/discharge pressure and discharge temperature had been precisely acquired in real time
through an advanced data acquisition unit, and the pressure ratio had been calculated, as shown in
Fig.4. In Figs.4 (a) and (b), it can be seen that for a given environmental temperature, the suction
pressure and the discharge pressure increase with the increase of the water temperature, but the
discharge pressure increases at a higher rate based on the increase of pressure ratio in Fig.4 (c).
For the same inlet water temperature, the higher environmental temperature means the higher
suction pressure and discharge pressure, but the change of the discharge pressure is less obvious
for that the pressure ratio decreases as the environmental temperature increases. The maximum of
suction pressure is 0.603 MPa with a corresponding evaporating temperature of 8.1 ℃ . The
maximum of discharge pressure is 3.109 MPa with a corresponding condensing temperature of
79.6 ℃.
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(a)

(c)

(b)

(d)

Figure 4. Evolution of suction pressure(a), discharge pressure(b), compression rate(c), discharge
temperature(d) with the water temperature under five conditions

According to the Fig.4 (c), among the working conditions, when the environmental temperature is
-15 ℃ and the inlet water temperature is 55 ℃, the pressure ratio has the maximum value of 8.1,
which is still in the valid operating range of the compressor. When the environmental temperature is
20 ℃, 7 ℃ and 0 ℃, the pressure ratios is 5.2, 5.8 and 6.8 respectively for the certain inlet water
temperature of 70 ℃.
According to the Fig.4 (d), the discharge temperature increases with the increase of environmental
temperature. The discharge temperature reaches maximum value at the environmental temperature
of 20 ℃ and the inlet water temperature of 70 ℃, which is 98.8 ℃ and very close to the thermal
calculation of 100 ℃. For the other conditions of 7 ℃,0 ℃,-7 ℃and -15 ℃, the discharge temperature
are 88.9 ℃, 84.3 ℃, 72.3 ℃ and 60.3 ℃ at the end of the heating cycle.
3.3.

The influence of capillary tube length

Three types of capillary lengths are selected respectively to study the influence of capillary
lengths on COP under five working conditions, as shown in table 3. The capillary lengths are 30 mm,
50 mm and 80 mm with the uniform diameter of 1mm. The average COP is 2.57 with the optimal
capillary length of 30 cm at 20 ℃, and 2.07 with the optimal capillary length of 50 cm at 7 ℃. When
the environmental temperature is below 0 ℃, the capillary length of 80 cm is more suitable. The
pressure ratio increases with the increase of capillary lengths It can be seen that when the
environmental temperature is below 0 ℃, the effect of capillary length on the pressure ratio is small,
which is more obvious with the environmental temperature of 0 ℃ and above , especially the suction
pressure.
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Table 3. Performance of different capillary length under five conditions

Environmenta
l temp./℃
-15
-7
0
7
20

Capillary
length/
cm
50
80
50
80
50
80
30
50
80
30
50
80

Initial
water
temp./
℃
26.3
26.9
27.5
26.8
23.1
27.2
25.6
25.4
26.5
25.4
24.4
27.1

Final
water
temp.
/℃
55
55
65
65
70
70
70
70
70
70
70
70

reaching the final water temperature
Suction
Discharge
Pressure
Pressure
pressure/ pressure/
change
radio
MPa
MPa
rate/%
0.264
2.155
8.16
1.1
0.261
2.152
8.25
0.348
2.634
7.57
2.5
0.346
2.684
7.76
0.433
2.983
6.89
2.5
0.428
3.02
7.06
10
0.523
2.867
5.48
5
0.51
3.073
6.03
0.495
3.135
6.33
8.8
0.62
2.961
4.78
0.644
3.315
5.15
7.5
0.578
3.233
5.59

COP
1.30
1.45
1.34
1.47
1.64
1.76
1.90
2.07
1.92
2.57
2.41
2.35

4. CONCLUSIONS
The natural refrigerant R290 has been proposed as a promising substitute to the small heat pump
system because of its similar thermodynamic properties with R22, the advantages of low saturation
pressure, low GWP and zero ODP. This paper made calculations and experiments to confirm the
feasibility of R290 heat pump water working under low temperature and heating high temperature
water. The experiment was performed using an ASHPWH (629 W, 20 L) in a climatic chamber. The
performance can be concluded as follows:
(1)
Results show that the R290 ASHPWH can heat the water up to 55 ℃ at environmental
temperature of -15℃, to 65℃ at environmental temperature of -7℃ and to 70℃ at the environmental
temperature above 0℃, which improves the outlet water temperature up to 15℃ and has great
significance for sanitary water use.
(2)
The heating rate decreases with the increase of water temperature and the decrease of
environmental temperature. For five conditions, the transient COP reaches peak value at water
temperature of 33-36 ℃, and the peak value is above 2 for all conditions.
(3)
The suction pressure, discharge pressure and discharge temperature increases with the
increase of water temperature and environmental temperature. While the pressure ratio decreases
with environmental temperature for the same water temperature. Among the testing conditions, the
maximum discharge pressure is 3.109MPa, the maximum discharge temperature is 98.8℃, and the
maximum pressure ratio is 8.1.
(4)
For different environmental temperature and hot water temperature, the optimal capillary
length is different. A short capillary is suitable for high environmental temperature and a long one is
better for low environmental temperature.
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NOMENCLATURE
Cp



T
t

specific heat capacity (kJ/kg℃)
Density (kg/m 3)
temperature (℃ or K)
Time (second)

V
Q
P
COP

Volume flow rate(m 3/s)
cooling or heating power (kJ/s)
Power consumption (kW)
Coefficient of performance
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ABSTRACT
To improve heat-exchange performance, heat exchangers with channels with inner diameter of
less than 0.5 mm have been studied. However, there is no knowledge about the distribution of
vapor-liquid two-phase refrigerant. Therefore, the effect of inflow configuration of a horizontal
header (channel cross-section: 0.7 x 0.7 mm2) with branch holes (inner diameter: 0.3 mm; number
of holes: 10) arranged vertically downward was experimentally evaluated. The results of the
evaluation demonstrate that dimensionless standard deviation of refrigerant distributed in the
present header with a one-side inflow configuration is 10%. The effect of mass flux at the header
inlet on the distribution for the one-side inflow configuration is small but that for the both-side inflow
configuration is large. Moreover, the dimensionless standard deviation for the present header
(10%) is much smaller than that for a conventional header (65%) with 13-times-bigger hydraulic
diameter.
Keywords: Refrigerant distribution, Vapor-liquid two-phase flow, Header, Small-diameter tube,
Microchannel, Heat exchanger.

1. INTRODUCTION
To decrease air-side pressure loss and increase heat-transfer performance, heat exchangers with
small-diameter tubes (i.e., inner diameter less than 0.5 mm) have been studied by Shikazono et al.
(2006) and Endoh (2016). Endoh’s experimental results show that the air-side pressure loss of the
proposed heat exchanger (named a “tube-in-fin” heat exchanger, with tubes of 0.4-mm outer
diameter) is 62% of that of a conventional fin-and-tube heat exchanger (with tubes of 5-mm outer
diameter) for the same heat-transfer performance.
As for the evaporation heat-transfer coefficient of the refrigerant inside small-diameter tubes,
correlations for an inner diameter greater than 0.5 mm were proposed by Miyata et al. (2011) and
Enoki et al. (2015). Endoh (2018) reported the measurement results for an inner diameter of 0.3
mm. When the two correlations are extrapolated below an inner diameter less than 0.5 mm,
Endoh’s data exist between the two extrapolated correlations.
On the other hand, a header that distributes a vapor-liquid two-phase fluid to small-diameter
channels with hydraulic diameter less than 0.5 mm has not been reported. Although differing in
size, the horizontal headers studied by Koyama et al. (2004, 2006) and Kim et al. (2006, 2008,
2011, 2012) distribute fluids vertically downward. Koyama et al. (2006) used a header with an inner
diameter of 9 mm (13 times that used in the present study) and six branches of multiport flat tubes,
and Kim et al. (2011) used a header with an inner diameter of 17 mm (24 times) and ten branches
of multiport flat tubes. They tested the distribution characteristics of the header without an internal
protrusion of tubes in the case of one-side inflow of refrigerant R134a. The experimental results
from both studies are twofold: as a branch becomes farther from the inlet of the header, the liquid
phase ratio decreases; and as the quality of the refrigerant at the inlet increases, distribution
performance worsens.
To understand the characteristics of the refrigerant distribution to small-diameter channels, in this
study, the effect of inflow configuration of a horizontal header with ten branch holes (0.3 mm in
diameter) distributing fluid vertically downward was investigated. The results of that investigation
were then compared with those for conventional large-size headers.
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2. EXPERIMENTAL SETUP AND TEST PROCEDURE
The header is horizontal, and the refrigerant flows into the end(s) and out of the bottom of the
header. The specifications of the header used for an element experiment are listed in Table 1. The
header has ten branch holes with diameter 0.3 mm. The inner cross-sectional shape of the header
is square, and its dimensions were determined as follows. Under the assumption that a heat
exchanger has a capacity of 100 W and 111 branches of tubes with an inner diameter of 0.3 mm,
and refrigerant R134a is used, refrigerant flow rate is 0.022 kgh-1 per branch, the flow rate for the
experimental header is 0.22 kgh-1, which is ten times that for a branch. To be able to compare the
experimental results with those of Koyama et al. (2004) and Kim et al. (2011), mass flux of
refrigerant at the header inlet was set to 124 kgm -2s-1, which is close to the values used in those
studies. This assumption leads to the cross-sectional dimensions of header of 0.7 x 0.7 mm 2. A
hole pitch was set to 1.38 mm, whose value had been used for the tube-in-fin heat exchanger
proposed by Endoh (2016). Two inflow configurations were used: “one side” and “both sides.” To
create the both-side inflow, a T-shaped branch was set horizontally upstream of the header.
A system diagram of the experimental setup is shown in Fig. 1. The experimental setup has a
vapor cycle that consists of a compressor (1), a heat exchanger (2), and an expansion valve (8). A
small amount of high-pressure vapor is bypassed from the vapor cycle to a condenser (3), where
the vapor becomes subcooled refrigerant. The refrigerant is then depressurized through an
expansion (5) and is delivered to a preheater (6), where its quality is adjusted. The refrigerant is
then sent to a test section of the header and a measuring part of refrigerant distribution.
The test section and the measuring part are shown in Fig. 2, and cross-sectional diagrams of oneside and both-side inflow configurations are shown in Fig. 3. Parts of the test section are bolted,
and a sight glass is set on the top of the header for visualizing the fluid flow inside the header.
The branch holes of the test section are connected with small-diameter tubes (ϕ0.6 x ϕ0.3 x 300
mm3) of the measuring part of refrigerant distribution, which are heated via heat-conducting plates
by electric heaters. The refrigerant flowing into each branch hole is heated by an electric heater.
The power of the heater for each branch is controlled in such a way that the temperature of heatconducting plate at the outlet of each heated part is set at a superheated value of 6°C. A power
value is obtained on the basis of a voltage between both ends of the heater and a current
calculated from the value of a precision resistance and the voltage between both ends of the
resistance. The refrigerant flowing through each tube merges in a junction part. Each part of
experimental setup was insulated.
Since a liquid-phase refrigerant that has evaporative latent heat contributes to cooling in an
evaporator, the distribution ratio of the liquid phase is important. However, the refrigerant flow rate
for this experiment is so small that the flow rate of the liquid-phase refrigerant for each branch
cannot be measured directly. Therefore, the distribution performance is evaluated on the basis of
the electric-power ratio for each branch instead of the distribution ratio of the liquid phase, where
electric power ratio RWe,i for the i th branch is given as

𝑅𝑊𝑒,𝑖 = 𝑊𝑒,𝑖 /𝑊𝑒

Eq. (1)

𝑊𝑒 = ∑𝑛𝑖=1 𝑊𝑒,𝑖

Eq. (2)

where We,i is electric power of the heater for the i th branch, We is total electric power of heater,
and n is number of branches.
The dimensionless standard deviation related to electric power (σ) is used as an index for the
distribution performance and is given as

1

1

𝜎 = 𝑊 √𝑛 ∑𝑛𝑖=1(𝑊𝑒,𝑖 − 𝑊𝑒 )2
𝑒
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1

𝑊𝑒 = 𝑛 ∑𝑛𝑖=1 𝑊𝑒,𝑖

Eq. (4)

where 𝑊𝑒 is the arithmetic mean of electric power. Hereafter, the liquid-phase flow rate used in the
experiments of Koyama et al. and Kim et al. is substituted by the electric power of the heater.
The test conditions at the header inlet are listed in Table 2. Refrigerant R134a was used, and the
saturated temperature was 15°C. For evaluating the effect of mass flux, G was set to 62 and 124
kgm -2s-1 for the one-side inflow. For the both-side inflow, the actual mass fluxes were half of those
values. Qualities of refrigerant x were set to 0.2 and 0.4 for evaluating the effect of quality.
To reduce the heat exchange with the surroundings, the experimental setup was installed in a
temperature-controlled room, where surrounding temperature was set close to the evaporation
temperature of the refrigerant. The difference between the total amount of refrigerant-side heat
exchange and the total electric power of the heaters was within 5% at G=124 kgm -2s-1 and 10% at
G=62 kgm -2s-1.
The test conditions were set by adjusting compressor speed, temperature of the cooling water for
the condenser, openings of the two expansion valves, and the amount of refrigerant charged.
REFPROP was used for the thermodynamic properties of R134a. Fluid flow in the header was
observed by taking pictures at a capture rate of 2,000 fps with a high-speed camera through the
sight glass.
Table 1. Specifications of header
Inner shape
Square
Width
mm
0.7
Header
Height
mm
0.7
Hole pitch
mm
1.38
Number of branches
10
Shape
Circle
Branch hole
Inner diameter
mm
0.3
Inflow configuration
One side or both sides

(4)
(2)

P T

(5)

M

(3)

(6)

P
(8)

(1)

(9)

(1) Compressor
(2) Heat exchanger (air-cooled)
(3) Condenser (water-cooled)
(4) Constant-temperature water bath
(5) Expansion valve
(6) Preheater (electric-heater heated)
(7) Test section and measuring part of
refrigerant distribution
(8) Expansion valve
(9) Liquid receiver

(7)

W
P T

M: Coriolis mass flowmeter
W: Electric-power meter
P: Pressure tranceducer
T: Sheath-type thermocouple

Figure 1. System diagram of experimental setup
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Refrigerant

Test section

Tube (Inner diameter: ϕ0.3)
Heat-conducting plate
Heated part
Measuring part of
refrigerant distribution

Electric heater

Power
source

V

V
Precision resistance

Junction part

Position for measuring
temperature with thermocouple

Figure 2. Test section of header and measuring part of refrigerant distribution

T-shaped branch

Sight glass

Header: 0.7 x 0.7
End wall

Branch No. 1 -> 10

Hole: 10-ϕ0.3

Sight glass

Branch No. 1 -> 10

Header: 0.7 x 0.7

Hole: 10-ϕ0.3

(Unit: mm)

(a) One-side inflow
(b) Both-side inflow
Figure 3. Cross-sectional diagrams of test section
Table 2. Test conditions at header inlet
Refrigerant
R134a
Pressure
MPa
0.488
Saturated temperature
°C
15
Mass flux for one-side inflow G
Kgm-2s-1
62, 124
Quality x
0.2, 0.4
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3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1.

One-Side Inflow Configuration

Measured distribution ratios RWe,i for the one-side inflow configuration at G=124 kgm -2s-1 and at
qualities x=0.2 and 0.4 are shown in Fig. 4. Dimensionless standard deviation σ is also indicated in
the graph. The branches are numbered 1-10 from the inlet side of the header. RWe,i for the equal
distribution is 0.1. The distribution of refrigerant forms a convex-downward profile. As quality
increases from 0.2 to 0.4, depth of the convex profile increases. Although a photograph is not
presented here, observation with the high-speed camera from the top of the header shows that the
liquid-phase refrigerant inflowing from the inlet reaches the opposite wall of the inlet, hits the wall,
and returns. This finding implies that although the liquid-phase inflow rate into a branch is lower, as
the branch is farther from the inlet, the increases in the distribution ratios for the branches in the
downstream of the central part of the header are caused by the liquid-phase refrigerant that
returned from the opposite wall of the inlet.
Both experimental results of Koyama et al. (2004) for the header with an inner diameter of 9 mm
and of Kim et al. (2011) for the header with an inner diameter of 17 mm show that as a branch
becomes farther from the inlet of the header, the liquid phase ratio decreases. Their observations
indicate that the liquid-phase refrigerant does not reach the opposite wall of the inlet. The present
results differ from theirs.
Measured heater-power distributions at the qualities of 0.2 and 0.4 are shown in Fig. 5. The electric
power We,i is assumed to be proportional to the liquid-phase flow rate. The declination of liquidphase flow rate with increasing branch number from 1 to 6 at x=0.4 is larger than that at x=0.2.
This finding means that as the quality increases, it is more difficult for the liquid phase to enter the
branch downstream. This trend is probably related to the fact that as the quality increases, total of
liquid-phase flow rate decreases.
Dimensionless standard deviation σ at G=124 kgm -2s-1 and x=0.2 is 10%. σ for the header of
Koyama et al., whose inner diameter is 13 times that used in this study, is 65%, and σ for the
header of Kim et al., whose inner diameter is 24 times, is 99%. In other words, σ of this study is
much better than those values. This result is probably because the branch pitch of this study is
much shorter than those of the studies by Koyama et al. and Kim et al. As quality x increases from
0.2 to 0.4, σ of the present experiment increases from 10% to 19%: namely, it is nearly doubled.
The total pressure drop of the test section and the measuring part at G=124 kgm -2s-1 and x=0.2 is 7
kPa, and the difference between the corresponding saturated temperatures is 0.4°C. This small
pressure drop indicates that the pressure drop of this small-sized header has a small effect on the
refrigeration system performance.
Measured distribution ratios RWe,i at G=62 kgm -2s-1and at x=0.2 and 0.4 are shown in Fig. 6.
Comparing Figs. 4 and 6 reveals that the profiles at x=0.2, and at G=124 kgm -2s-1 and 62 kgm -2s-1
are quite similar. σ at G=62 kgm -2s-1 is slightly larger than that at G=124 kgm -2s-1. According to the
observation from the side of the header by Koyama et al. and Kim et al., as the liquid level
becomes higher, distribution ratio of the liquid phase tends to increase. In this experiment,
although the state of fluid flow seen from the side of the header is unknown, since the profiles of
the liquid-phase distribution at G=124 kgm -2s-1 and 62 kgm -2s-1 are quite similar, the distributions of
liquid level also seems to be similar.
For quality x=0.4, as G decreases from 124 kgm -2s-1 to 62 kgm -2s-1, the profile changes a little, and
σ increases slightly. The effect of G on the distribution characteristics at x=0.4 is like that at x=0.2.
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Figure 4. Measured distribution ratios for one-side inflow at G=124 kgm-2s-1
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One-side inflow, G=124 kgm-2s-1
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0.4

0.0
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6
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Figure 5. Measured heater power distribution for one-side inflow at G=124 kgm-2s-1
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Figure 6. Measured distribution ratios for one-side inflow at G=62 kgm-2s-1

3.2.

Both-Side Inflow Configuration

Measured distribution ratios RWe,i for the both-side inflow configuration at G=124 kgm -2s-1 and 62
kgm -2s-1 and at x=0.2 and 0.4 are shown in Fig. 7. For G=124 kgm -2s-1 and x=0.2, except for
branch No. 9 and 10, the distributions are relatively equal. This asymmetric distribution is probably
caused by the bias of liquid-phase distribution in the T-shaped branch, which is set up upstream of
the header.
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For G=124 kgm -2s-1 and x=0.4, the distribution ratios on the side of branch No. 1 are small, and
those on the side of branch No. 10 are large. Under the assumption that the distribution ratio of the
liquid phase is related to the liquid level in the header, as a branch becomes nearer to branch No.
10, the liquid level increases. As quality x increases from 0.2 to 0.4, σ for both-side inflow is nearly
doubled similarly to that for one-side inflow.
When G decreases from 124 kgm -2s-1 to 62 kgm -2s-1 at quality x of 0.2, σ is doubled. As described
before, for one-side inflow, σ at G=124 kgm -2s-1 and 62 kgm -2s-1 varies a little. The reason for the
considerable effect of G on σ for both-side inflow is given as follows. The T-shaped branch, where
the refrigerant hits the inside wall vertically, distributes the refrigerant in two directions. As
refrigerant velocity decreases, the refrigerant tends to be more sensitive to gravity. In this
experiment, a little misalignment of the setting angle of the T-shaped branch may cause the
maldistribution of the vapor-liquid refrigerant.
When G decreases from 124 kgm -2s-1 to 62 kgm -2s-1 at quality x of 0.4, the distribution performance
becomes worse, resulting in the twofold increase in σ. This phenomenon is also probably due to
the misalignment of setting angle of the T-shaped branch.
As described before, the effect of the mass flux at the header inlet on the distribution for the oneside inflow is small; on the other hand, that for the both-side inflow is large.
0.20

Equal distribution

0.18

0.20

x=0.4

0.14
0.10

0.14

RWe,i

x=0.4

σ=39.8%
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0.10

σ=10.1%

0.08
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Both-side inflow, G=62 kgm-2s-1
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Both-side inflow, G=124 kgm-2s-1

0.16

RWe,i
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7
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Figure 7. Measured distribution ratios for both-side inflow

4. CONCLUSIONS
The conclusions drawn from above discussion on refrigerant-distribution characteristics of the
horizontal header with 0.3-mm diameter holes are given as follows.
⚫ The dimensionless standard deviation of refrigerant distributed in the present header with the
one-side inflow configuration is 10%. The effect of mass flux at the header inlet on the
distribution for the one-side inflow configuration is small but that for the both-side inflow
configuration is large.
⚫ The dimensionless standard deviation for the present header (10%) is much smaller than that
for a conventional header (65%) with 13-times bigger hydraulic diameter.

G
We
σ

NOMENCLATURE
RWe distribution ratio of liquid phase (-)
x
quality (-)

mass flux (kgm -2s-1)
electric power of heater (W)
dimensionless standard deviation (-)

Subscript
i
branch number (-)

n

number of branch (-)
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ABSTRACT
This paper presents an experimental investigation on the heating performance of a residential air
conditioner with a vapor-bypassed evaporator. The vapor-bypassed evaporator, in which a phase
separator is set in the middle of the refrigerant circuit to bypass vapor refrigerant, can reduce the
refrigerant pressure drop and enhance the heat transfer coefficient at refrigerant side. The tested
system contains two operation modes, i.e., vapor-bypassed (VB) mode and conventional heat pump
(CH) mode. It is indicated that as the heating capacity ranges 1,800~4,800 W, the COP of VB mode
is improved 3.2%~11% over CH mode under conventional heating condition. Under low-temperature
heating condition (frosting condition), the system at VB mode yields 16.1% higher average integral
heating capacity and 5% higher COP over CH mode at a fixed compressor frequency of 100 Hz. In
conclusion, using the vapor-bypassed evaporator is a promising way for enhancing the heating
performance of an air conditioner.
Keywords: Air Conditioner, Heating Performance, Vapor-Bypassed Evaporator.

1. INTRODUCTION
Heat pump air conditioners (HPACs) are widely used to provide thermal comfort for residential and
commercial applications due to their high energy efficiency. In recent years, due to the large -scale
applications, HPACs have consumed much more electricity i n cold winter (Wu et al., 2016).
Therefore, the performance improvement of HPAC systems is of great significant to contribute
energy savings. Actually, for a residential HPAC, the condenser and evaporator are two major
components, whose performance is critical to the system performance. Thus, the interest in
improving heat exchanger performance has grown continuously in recent years.
Generally, the heat transfer process of an air-refrigerant finned-tube heat exchanger consists of outtube and in-tube heat transfer processes. The out-tube heat transfer performance can be improved
by optimizing fin spacing, fin type, tube spacing (Zhou, 2018; Joardar and Jacobi, 2008). Besides,
several methods have been proposed to enhance the performance of in-tube heat transfer, for
example, using specific surfaces (rough surface or extended surface) in the flow channel
(Liebenberg and P.Meyer, 2007; Liu and Sakr, 2013). In addition to these above approaches, using
phase-separation heat exchangers is also a very promising way for enhancing the in-tube heat
transfer coefficient and reducing the refrigerant pressure drop (Chen et al., 2018; Chen et al., 2013).
It is indicated that using the liquid separation condenser in an air conditioner can significantly improve
the cooling capacity and energy efficiency under cooling mode (Chen et al., 2015; Li and Hrnjak,
2017; Chen et al., 2012). However, the main performance restriction of a heat pump system is that
the heating capacity can not meet the heating demand at low ambient tempe rature especially at
frosting condition, which is due to the lower compressor suction pressure. It is found that reducing
the evaporator refrigerant pressure drop can increase the compressor suction pressure and partiality
solve this problem, which can be achieved by using a phase-separation evaporator. As mentioned
above, applying a phase-separation evaporator may be a significant approach for improving the
performance of a HPAC.
Flash gas bypass (FGB) is a method to achieve the phase-separation in evaporator, which separates
the flash vapor after the expansion valve and sends it back to compressor suction, while only liquid
refrigerant is set into the evaporator (Tuo and Hrnjak, 2013; Tuo and Hrnjak, 2014). Tuo and Hrnjak
(2012) obtained 13~18% higher cooling capacity and 4~7% higher COP with FGB over direct
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expansion baseline for a mobile air conditioning system using R134a. Then, when adjusting the
compressor frequency to match capacity with the baseline, the COP of FGB system is increased 3758%. Elbel and Hrnjak (2004) illustrated that applying FGB can increase cooling capacity by 9%
while improving COP by 7% at the same time for a R744 air conditioner. However, for a FGB system,
the mass flow rate of the bypassed flash vapor would be lower with the higher subcooling degree at
condenser outlet, and in this condition, the refrigerant pressure drop decreasing value of the
evaporator would be reduced, which restricts the performance improvement of FGB. In fact, setting
the phase separator in the middle of the refrigerant circuit to bypass evaporated vapor can solve this
problem. Besides, it is found that the research on using phase-separation evaporator in heat pump
air conditioner systems is still lacking. Therefore, the objective of this paper is to present an
experimental investigation on the heating performance of a residential air conditioner with a vaporbypassed evaporator.
In this study, the vapor-bypassed evaporator, in which a phase separator is set in the middle of the
refrigerant circuit to bypass vapor refrigerant, can reduce the refrigerant pressure drop and enhance
the heat transfer coefficient at refrigerant side. The tested system contains two operation modes, i.e.,
vapor bypassed (VB) mode and conventional heat pump (CH) mode. The heating perf ormance of
the VB mode are investigated and then compared with CH mode under two operation conditions
(conventional heating condition (without frosting) and low-temperature heating condition (frosting)).
Moreover, the system performance parameters including compressor suction pressure, input work
and evaporator refrigerant pressure drop are investigated in detail.

2. EXPERIMENTAL SETUP
2.1.

System Description

Figure 1: Schematic diagram of the vapor-bypassed system

The vapor-bypassed evaporator was developed on the basis of a conventional finned-tube
evaporator. Fig. 1 displays the schematic diagram of the vapor-bypassed system. This system
contains two operation modes, i.e., VB mode and CH mode. These two operation modes can be
switched by controlling the bypass valve. When opening the bypass valve, the VB mode is conducted
in the following manner. The compressed vapor is condensed and subcooled by passing through
the condenser. Then, the subcooled refrigerant is expanded to two-phase fluid by the expansion
valve. This two-phase fluid is partially evaporated in the first part of the evaporator and then split into
two streams (vapor and liquid) in the separator. The liquid refrigerant is completely evaporated in
the second part of the evaporator and then mixed with the vapor refrigerant leaving the separator.
At last, this mixed vapor refrigerant is compressed by the compressor. Moreover, the CH mode is
operated by closing the bypass valve. The performances of the two modes are discussed and
compared in this study. It is noted that in the defrosting process, the bypass valve is closed and the
reverse cycle defrosting approach is applied. Besides, two pressure sensors were set at the
evaporator inlet and outlet to measure the compressor suction pressure and evaporator refrigerant
pressure drop.
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Figure 2: Pressure-enthalpy diagram for the two operation modes

Actually, applying the vapor-bypassed evaporator can reduce the refrigerant pressure drop and
enhance the heat transfer coefficient at refrigerant side. Fig. 2 shows the pressure-enthalpy diagram
of both operation modes. It is observed that due to the decreased evaporator refrigerant pressure
drop, the compressor suction pressure of VB mode is higher than that of CH mode. On one hand,
as the suction pressure increases, the refrigerant specific volume at compressor inlet is decreased,
which can increase the refrigerant mass flow rate at a fixed compressor speed. This means that the
heating capacity of VB mode would be much higher when fixing the compressor speed. On the other
hand, increasing the suction pressure can reduce the compression ratio, which is beneficial to the
compressor efficiency improvement. As mentioned above, applying the vapor-bypassed evaporator
is a promising way for enhancing the performance of a heat pump system.
2.2.

Experimental Device Description

Table 1 Specifications of compressor and heat exchangers

Component

Compressor

Condenser

Condenser

Refrigerant

Specifications
Type: rotary DC inverter compressor
Displacement volume: 9.8 cm3
Tube inside diameter: 6.5 mm
Number of depth rows: 2
Tube internal surface: Smooth
Number of tubes per row: 18
Horizontal tube spacing: 16.5 mm Tube arrangement: Stagger
Fin thickness: 0.1 mm
Vertical tube spacing: 20 mm
Fin space: 1.35 mm
Tube length: 720 mm
Tube outside diameter: 7 mm
Airflow rate: 510 m3 h -1
Tube inside diameter: 6.5 mm
Number of depth rows: 2
Tube internal surface: Smooth
Number of tubes per row: 26
Horizontal tube spacing: 18.5 mm Tube arrangement: Stagger
Fin thickness: 0.1 mm
Vertical tube spacing: 21.4 mm
Fin space: 1.35 mm
Tube length: 770 mm
Tube outside diameter: 7 mm
Airflow rate: 2100 m3 h -1
R410A (1050 g)

Figure 3: Schematic diagram of experimental device
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A heat pump inverter air conditioner with a rated heating capacity of 3800W was selected as the
experimental installation, and the specifications of heat exchangers and compressor are listed in
Table1. As shown in Fig. 3, the experiments were performed in two environmental chambers. In the
indoor chamber, the air enthalpy difference between condenser outlet and inlet is measured out by
the temperature sensors. The air volume flow rate is measured in the nozzle chamber. Therefore,
the heating capacity can be calculated by the product between the enthalpy difference and air mass
flow rate. And COP is defined as the ratio between the heating capacity and system input work.
According to the ISO 5151 standard, the heating performance of the air conditioner were tested
under both conventional and low-temperature heating conditions, which are listed in Table 2.
Moreover, the measure instruments and corresponding uncertainties are shown in Table 3.
Table 2. The testing conditions

Conventional
Low-temperature
(without frosting)
(frosting)
dry bulb temperatures:7℃
dry bulb temperatures:2℃
wet bulb temperatures:6℃
wet bulb temperatures:1℃
dry bulb temperatures:20℃
wet bulb temperatures:15℃

Conditions
Outdoor chamber
Indoor chamber

Table 3. The measure instruments and corresponding uncertainties

Parameters
Pressure
Heating capacity (W)
Input work (W)
COP (-)

Measurement
Pressure sensor (0-4 MPa)
Data acquisition
Dynamometer (0-3.5 kW)
Data acquisition

Uncertainty
0.01%
0.5%
0.5%
1%

3. RESULTS AND DISCUSSION
3.1.

System Heating Performance Under Conventional Heating Condition

Table 4. The heating performance comparison between two modes when operated at same compressor
frequencies

f (Hz)

CH
VB
Improvement
CH
COP(-)
VB
Improvement
CH
ps (kPa)
VB
Increment ( kPa )
CH
pe (kPa)
VB
Decrement

Q(W)

30
1825
1863
2.1%
4.44
4.54
2.3%
919
926
7
47
26
44.7%

40
2408
2534
5.2%
4.32
4.42
2.3%
876
894
18
68
41
39.7%

50
2881
3069
6.5%
3.87
3.99
3.1%
865
885
20
97
59
39.2%

60
3414
3616
5.9%
3.46
3.57
3.2%
835
861
26
137
86
37.2%

70
3899
4198
7.7%
3.1
3.21
3.8%
812
845
33
177
111
37.3%

80
4416
4769
8.0%
2.79
2.9
3.9%
776
828
52
214
145
32.2%

90
4834
5230
8.2%
2.49
2.59
4.0%
755
830
75
265.
195
26.4%

As Table 4 displays, the heating capacity of VB mode is higher than that of CH mode. The main
reason is that the evaporator refrigerant pressure drop of VB mode is decreased by bypassing the
vapor refrigerant, which can increase the compressor suction pressure. The increased compressor
suction pressure leads to the increasing refrigerant mass flow rate, thus, the heating capacity of VB
mode is improved. As the compressor frequency ranges from 30Hz to 90Hz, the corresponding
heating capacity improvement of VB mode varies from 2.1% to 8.2% compared with CH mode.
Meanwhile, the COP of VB mode yields about 3% improvement over CH mode. It is seen that the
corresponding heating capacity improvement of VB mode shows an increasing trend when
compressor frequency rises. As compressor frequency increases, the refrigerant mass flow rate is
increased, which increases the evaporator refrigerant pressure drop, thus, when operated at high
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compressor frequency conditions, applying VB mode have a much higher potential for red ucing the
evaporator refrigerant pressure drop and improving the system performance. It is also observed from
Table 4 that when compressor frequency ranges 30~90Hz, the VB mode yields 7~75kPa higher
compressor suction pressure and 44.7~26.4% lower evaporator refrigerant pressure drop compared
with CH mode. Actually, according to ISO 5151 standard, when testing the COP of an inverter air
conditioner, the compressor frequency should be adjusted to maintain the same heating capacity
with the baseline, and the COP comparison would be much more reasonable. The heating
performance comparison between the two modes that operated at same heating capacities is
investigated as follows.
Table 5. The heating performance comparison between two modes that operated at same heating
capacities

Q(W)

CH
COP(-)
VB
Improvement
ps (kPa) CH
VB
Increment ( kPa )
pe (kPa) CH
VB
Decrement

1800
4.44
4.58
3.2%
919
928
9
47
24
48.6%

2400
4.32
4.54
5.0%
876
908
32
68
37
45.3%

2900
3.87
4.15
7.3%
865
881
16
97
53
45.4%

3400
3.46
3.78
9.4%
835
859
24
137
74
45.9%

3900
3.10
3.44
11.0%
812
839
27
177
94
46.6%

4400
2.79
3.07
10.1%
776
847
71
214
125
41.4%

4800
2.49
2.78
11.8%
755
843
88
265
143
46.1%

As shown in Table 5, when operated at same heating capacities, the COP of VB mode is higher than
that of CH mode especially under high heating capacity conditions. It is seen that the evaporator
refrigerant pressure drop of VB mode is decreased about 45% in comparison with CH mode, which
results in the higher compressor suction pressure and lower compression ratio of VB mode. Hence,
the compressor efficiency of VB mode would be higher compared with CH mode. This results in the
lower input work of VB mode, thus, the COP of VB mode is significantly improved. As the heating
capacity ranges 1800~3400W, the corresponding COP improvement of VB mode varies 3.2~9.4%
compared with CH mode, and when the heating capacity ranges 3900~4800W, this improvement is
about 11%. As mentioned above, applying VB mode can significantly enhance the system
performance including heating capacity and COP under conventional heating condition. In next
section, the heating performance of both modes under low-temperature heating condition is
investigated in detail.
System Heating Performance Under Low -Temperature Heating Condition
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Figure 4: The heating capacity and input work variations of both modes under low-temperature
heating condition. (a) heating capacity; (b) input work

It should be noted that when the system was operated at lower-temperature heating condition, the
heating period and defrosting period were set as 60 min and 7 min, respectively, and the compressor
frequency was set as 100 Hz . Fig. 4 displays the heating capacity and input work variations of both
modes under low-temperature heating condition. As Fig. 4 shows, in the heating period, the heating
capacity and input work of VB mode are higher than those of CH mode, and their attenuation rates
of VB mode are much lower. There are two main reasons for this phenomenon. On one hand, when
bypassing the vapor refrigerant, the evaporator pressure drop is decreased, which could increase
the temperature uniformity at evaporator fin surface by reducing the refrigerant temperature drop.
Hence, the frosting uniformity of the evaporator is improved, and the heating capacity attenuation
rate of VB mode is reduced. On the other hand, when the system is operated at VB mode, the
refrigerant soakage ratio in the evaporator is increased by bypassing the vapor refrigerant, which is
beneficial to the heat transfer coefficient improvement at refrigerant side, thus, the average heat
transfer temperature between refrigerant and air is decreased. Therefore, the frosting rate of VB
mode is lower, which reduce the heating capacity and refrigerant mass flow attenuation rates. To
further illustrate this aspect, the compressor suction pressure and evaporator refrigerant pressure
drop variations are studied, which are shown in Fig. 5.
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Figure 5: (a) The evaporator refrigerant pressure drop variations of both modes; (b) The compressor
suction pressure variations of both modes

As shown in Fig. 5(a), the evaporator refrigerant pressure drop of VB mode is lower than that of CH
mode, which results in the higher compressor suction pressure. For VB mode, the higher suction
pressure leads to the lower specific volume at compressor inlet, which could increase the refrigerant
mass flow rate and heating capacity of VB mode. As Fig. 5(b) displays, in the heating period, the
suction pressure decreasing rate of VB mode is lower compared with CH mode, which is due to the
higher frosting uniformity and lower frosting rate mentioned above. Actually, the lower suction
pressure decreasing rate results in the lower refrigerant mass flow attenuation rate. Hence, the
heating capacity attenuation rate of VB mode is lower and the corresponding average heating
capacity would be higher. The average integral heating capacities, input works and COPs of both
modes under low-temperature heating condition are listed in Table 6. It is observed that the VB mode
yields 16.1% higher average integral heating capacity and 5% higher COP compared with CH mode.
In conclusion, applying VB mode is a promising way for enhancing the heating performance of an
air conditioner under low-temperature heating condition.
Table 6. The heating performance of both modes under low-temperature heating condition

Modes
CH
VB
Improvement

Q(W)

3086
3584
16.1%

win (W)
1377
1523
－

COP(-)
2.241
2.353
5%

4. CONCLUSIONS
This paper presents an experimental study on the residential air conditioner with a vapor-bypassed
evaporator under heating conditions. The vapor-bypassed evaporator can significantly reduce the
refrigerant pressure drop and enhance the heat transfer coefficient at refrigerant side. Thus, the
performances of a vapor-bypassed system including heating capacity and the COP could be
significantly improved. The tested system contains two operation modes, i.e., VB mode and CH
mode. Two testing conditions are operated, which are the conventional heating condition (indoor
temperature: 20/15℃; outdoor temperature:7/6℃) and low-temperature heating condition (indoor
temperature: 20/15℃; outdoor temperature:2/1℃; frosting condition). The experimental results show
that compared with CH mode, the VB mode yields 2.1~8.2% higher heating capacity when operated
at the same compressor frequency ranging 30~90Hz under the conventional heating condition.
Moreover, when the compressor frequency is adjusted to maintain the same heating capacity
ranging from 1,800 to 4,800 W, the COP of VB mode is improved by 3.2%~11% compared with the
CH mode. When operated at the low-temperature condition (frosting condition), the system at VB
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mode yields 16.1% higher average integral heating capacity and 5% higher COP at a fixed
compressor frequency of 100 Hz in comparison with CH mode. In conclusion, using the vaporbypassed evaporator can significantly improve the heating performance of an air conditioner.

NOMENCLATURE

COP coefficient of performance (-)
heating capacity ( W )
Q
work ( W )
w
pressure ( kPa )
p
f
VB
CH

compressor frequency ( Hz )
vapor-bypassed
conventional heat pump

Greek symbols
difference

Subscripts
in
input
s
suction
e
evaporator
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ABSTRACT
Commercial stand-alone refrigeration appliances (32 million units worldwide) are responsible of
2.6% world electric energy consumption. Most commercial refrigeration systems still rely on HFC
refrigerants, such as R-134a and R-404A. However, the European F-Gas Regulation (EU
517/2014) has established a GWP refrigerant limit of 150 from 1/1/2022 on for this equipment.
Small systems were converted to R-290 cycles, however, medium to large ones are restricted by
the 150g charge limit in Europe (IEC 60335-2-24) and must discover new alternatives.
Using a stand-alone commercial cabinet for fresh product originally designed for R-404A, this work
presents the performance and energy evaluation of the refrigeration system using low-GWP
refrigerant substitutes, all of them with a GWP below 150. The work establishes the optimum
refrigerant charge and the overall environmental impact of the cabinet using the newly developed
refrigerants R-454C, R-455A, R-457A, and R-459B.
Keywords: Stand-alone commercial refrigeration, R-404A, low GWP, experimental evaluation

1. INTRODUCTION

Commercial refrigeration sector includes hermetic stand-alone, condensing unit and multipack
refrigeration systems, accounting for approximately 32% of world HFC consumption. Hermetic
stand-alone appliances reached 32 million units plus 20.5 million vending machines in 2011, and
they usually rely on R-22, R-134a, R-404A and R-507A or in small new equipment on R-290,
however, the most used refrigerant for commercial plug-in display cases for all temperature levels
is still R-404A (UNEP, 2015). Although plug-in display cases are supposed to present a low annual
leakage rate, of 2% according to Defra (2012), Europe has fixed a GWP limit of 2500 from
01/01/2020 on and of 150 from 01/01/2022 on to the refrigerant used in refrigerators and freezers
for commercial used hermetically sealed, which results in the end of use of R-404A and other high
GWP refrigerants (European Commission, 2014).
Current low-GWP (<150) alternatives to R-404A (R-454C, R-455A, R-457A and R-459B) belong to
an A2L Ashrae classification, thus in addition to be competitive in terms of energy efficiency, they
must be able to operate with reduced refrigerant charges. At the moment, the maximum allowed
refrigerant charge for stand-alone commercial refrigeration systems is of 150g, however, the
standard IEC 60335-2-89 is being revised. It seems to be that the future allowed refrigerant charge
for A2L fluids would be of 1200g (Kopchick and Scancarello, 2017).
In relation to alternative fluids to R-404A or R-507Asince their behaviour is similar (Llopis et al.,
2010) with GWP below 150, R-454C and R-455A were tested experimentally by Mota-Babiloni et
al. (2018) and Bella et al. (2018), who measured reductions in capacity and similar COP in steadystate operations. However, no experimental works with R-457A and R-459B have been found by
the authors.
Accordingly, this communication aims to complete the R-404A substitution process by
summarizing the energy optimization procedure made with an open-fronted vertical commercial
cabinet designed to operate with R-404A for fresh product at 5ºC. The optimization, conducted as
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established by ISO 23953-2:2015 (2015) in 24-hour tests, evaluates the optimum refrigerant
charge and energy consumption of the refrigerants R-454C, R-455A, R457A and R-459B.

2. THERMODYNAMIC APPROACH
Properties of R-404A substitutes are detailed in Table 1. Main components are HFC-32 and HFO1234yf, with small proportions of CO2 (R-455A), HFC-152a (R-457A) or HFO-1234ze(E) (R-459B).
They all present a GWP below 150 and had an A2L Ashrae security classification. Pressureenthalpy diagrams are presented in Figure 1, where it can be observed that the blends in relation
to R-404A present a similar bubble saturation line, higher critical pressure/temperature, larger
latent heat of phase change (between 27.8 to 38.4% at t=40ºC and 17.8 to 24.9% at t=-7ºC) and
higher specific suction volume (between 24.4 to 56.1%, saturation at t=-7ºC). In addition, one
common characteristic is that the blends present a large glide due to the association of
components with very different NBP, it varying between 6.1 to 9.9 K at t=40ºC and between 7.0 to
12.15 K at t=-7ºC. The large glide could have influence in the thermal performance of evaporator
and condenser.
Table 1. Physical, environmental and safety characteristics of low-GWP drop-ins of R-404A

R-404A
Composition
(% wt)
M (g·mol-1)
NBP (ºC)
tC (ºC)
pC (bar)
Glide at 40ºC (K)
Glide a -7ºC (K)
λ (40°C) (kJ · kg1
)
λ (-7°C) (kJ · kg-1
)
ν (-7°C) (m3 · kg1
)
GWP 100year
Ashr. 34 safety
group

97.6
-46.2
72
37.2
0.34
0.54

90.8
-45.6
85.7
43.2
6.82
7.82

87.5
-52.0
85.6
46.5
9.86
12.15

R-457A
R-32(18.0%)
R-1234yf
(70.0%)
R-152a
(12.0%)
87.6
-42.6
91.3
43.4
6.14
7.01

120.5

154.0

160.0

166.8

156.2

172.31

202.73

211.83

215.18

204.17

0.041

0.054

0.051

0.064

0.056

3943

146

146

139

143

A1

A2L

A2L

A2L

A2L

R-125 (4.0%)
R-143a(52.0%)
R-134a (4.0%)

R-454C
R-32(21.5%)
R-1234yf
(78.5%)

R-455A
R-744(3.0%)
R-32(21.5%)
R-1234yf
(75.5%)

R-459B
R-32 (21.0%)
R-1234yf
(69.0%)
R-1234ze(E)
(10.0%)
91.2
-45.0
87.5
43.6
7.04
8.13

A thermodynamic analysis based on an ideal refrigeration cycle indicates that the substitutes, at
tO=-7ºC, tK=40ºC, RU=10K and SUB=2K, offer theoretically and in relation to R-404A, COP
increments of 5.3% R-454C, 5.8% R-459B, 7.4% R-457A and 5.8% R-455A, but different
behaviour in terms of VCC, -8.4% R-454C, -10.5% R-457A, -15.4% R-457A and +0.9% R-455A.
All the mixtures present a large glide in condenser (from 6.1K R-457A to 9.9K R-455A) and in
evaporator (from 4.5K of R-457A to 7.2K of R-455A), but they present lower vapour quality at the
inlet of the evaporator (0.29 to 0.30) in relation to R-404A one (0.39).
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Figure 1: Pressure-enthalpy diagram of low-GWP alternative refrigerants

3. EXPERIMENTAL SET-UP AND PROCEDURE
The evaluation used an open-fronted vertical display cabinet with a frontal air curtain for
refrigerated food, using a single-stage vapour compression system to maintain product
temperature, being its schematic diagram represented in Figure 2. The system is driven by a
hermetic compressor (22.37cm3) for R-404A. Condensation uses a minichannel air condenser and
at the exit of the condenser is placed the liquid receiver. For the purpose of this work, the system
has the possibility to operate with and without the liquid receiver using manual sectioning valves.
Then, liquid refrigerant pipe enters into the refrigerated section of the cabinet in contact to the
vapour pipe, thus there is a small heat transfer between the liquid and vapour lines. The refrigerant
is expanded using an EEV that controls the degree of superheat at the evaporator exit. The driver
of the EEV can be customized for any kind of refrigerant mixture by programming bubble and dew
point curves. Next, refrigerant is evaporated in a finned tube evaporator that uses three highefficient fans. Air is suctioned by the fans at the front part of the cabinet, then passes through the
evaporator and it is driven through the rear part of the cabinet. The air current is propelled from the
top of the cabinet, creating the air current that isolates the refrigerated space from the
surroundings.
Cabinet is instrumented to measure the product, air and refrigerant temperatures, pressures,
humidity and power consumption, as presented in Figure 2. Product temperature is evaluated as
average of temperature of 6 M-test packages according to ISO 25953-2:2015.
In this work the refrigerants in the cabinet were evaluated using 24-hour energy consumption tests
according to ISO 25953-2:2015. First, the charge of the refrigeration cycle was optimized (steps of
100g) in terms of energy consumption operating without liquid receiver, which was isolated using
manual sectioning valves. Then, the system was evaluated with the liquid receiver with the
minimum charge that ensured in all the test liquid at the exit of the receiver.
Tests were done in a climatic chamber that maintained a constant temperature of 25.5 ºC (±0.8K)
and 50% of relative humidity (±7%). Compressor was operated using ON/OFF control activated by
air return temperature to the evaporator. The set point was adjusted (0.7 to 1.1ºC) to obtain the
required product temperature (5ºC) and the hysteresis of the regulator was set to 2K. The fixed set
point in the EEV was of 10K. Also, a defrosting each six hours was set, it done with electrical
resistors (540W). It ended when air return temperature to the evaporator was of 14.5ºC. Also, in
the defrosting period compressor and EEV were not in operation.
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Figure 2: Schematic diagram of the refrigeration cycle of the display cabinet

4. RESULTS
Cabinet was subjected to a subsequent charge optimization process working without liquid receiver
with step charges of 100g, being the balance measurement error of 2g. Optimization was referred
to the energy consumption during the 24-hours, it evaluated using Eq. Eq. (1), where PC is the
power consumption of the cabinet and ‘j’ each sampled data. The sampling step was of 5 seconds.
𝟐𝟒𝒉

𝟐𝟒𝒉
𝟏
𝟏
𝑷𝑪 (𝒋) + 𝑷𝑪 (𝒋 − 𝟏)
𝑬𝒊 =
·
∫
𝑷𝑪 (𝒕) · 𝒅𝒕 =
· ∑ {[
] · [𝒕(𝒋) − 𝒕(𝒋 − 𝟏)]}
𝟓
𝟓
𝟑𝟔 · 𝟏𝟎
𝟑𝟔 · 𝟏𝟎
𝟐
𝟎

Eq. (1)

𝒋=𝟏

Energy consumption in the optimization process is presented in Figure 3. As it can be observed,
when working without receiver the energy consumption is reduced for increased refrigerant charge
until reaching a minimum, then it increases, as observed in similar systems (Maiorino et al., 2018).
The optimization process revealed that the optimum refrigerant charges for the substitute were:
1100g R-454C, 1460g R-459B, 1500g R-457A and 1600g R-455A. All mixtures, with optimized
refrigerant charge, were able to reduce energy consumption in relation to the R-404A
configuration. Also, denoted with ‘R’ the energy consumption of the cabinet with liquid receiver is
presented, where it can also be observed that all refrigerants improve energy performance in
relation to the reference.

Figure 3: Refrigerant charge optimization

For the optimized configurations and for the operation with liquid receiver, Figure 4 summarises the
phase-change temperatures of the system. Evaporating temperature, Eq. Eq. (2), was evaluated
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during the 24h (evaporator fans always in operation) with the outlet pressure measurement in the
evaporator and the average enthalpy in the evaporator. Condensing pressure, Eq. Eq. (3), was
calculated with discharge pressure and vapour title of 50%.
ℎ𝑂,𝑖𝑛 + ℎ𝑣,𝑝𝑂,𝑜𝑢𝑡
Eq. (2)
𝑡𝑂 = 𝑓 (𝑝𝑂,𝑜𝑢𝑡 ; ℎ =
)
2
𝑡𝐾 = 𝑓(𝑝𝑑𝑖𝑠 , 𝑥𝑣 = 50%)

Eq. (3)

A significant increment in the average evaporating temperature was measured for all the
substitutes in relation to R-404A: 3.5 to 3.7K for R-454C, 4.6 to 4.8K for R-459B, 3.9 to 4.9K for R457A and 5.7 to 6.5K for R-455A (Figure 4). That indicates that evaporator’s thermal performance
improved with the mixtures, thus the negative effects of the glide are compensated by lower vapour
quality at the inlet of the evaporator.

Figure 4: Average phase-change temperatures during 24h (tK when compressor ON)

Figure 5 presents the maximum discharge temperature and pressure during the 24-hour test in
relation to R-404A results. It can be observed that maximum working pressure with optimized
refrigerant charge and liquid receiver for R-454C, R-459B and R-457A are below the reference.
Similar maximum dicharge temperatures were observed for the same refrigerants. However, R455A, with a 3% of CO2 in its composition, presents a significant increment in the maximum
operating pressure and temperature which must be considered. In fact, it does not bring operating
problems for the considered plant because the duty cycle of the compressor is around 50%, but for
refrigeration systems with longer duty cycle, the increment of the discharge temperature could be
higher (not cooling of compressor during OFF periods) and must be taken into account.

Figure 5: Maximum discharge pressure and temperature during 24h

Finally, Figure 6 presents the disaggregated energy consumption during the 24-hour test for the
charge optimized and receiver configurations, which details the energy consumption of the fans,
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lighting and electronics (in green), the energy consumption during the defrosting period (in red) and
that of the compressor (in blue).
R-454C, in relation to R-404A, presents compressor’s consumption. In addition, defrosting period
average time of R-454C [19.3min, 16.0min (R)] was similar to that of R-404A [19.3 min (R)].
For R-459B, compressor power consumption is also reduced, resulting in lowest energy
consumption in relation to R-404A. Shortest defrosting periods were measured for R-459B
[13.5min, 12.1min (R)] in relation to R-404A, which reduces the thermal load of the cabinet. This
reduction in time is caused by the increased evaporating temperature (Figure 4).
R-457A presented reduced compressor power consumption in relation to R-404A. Again, the
similar duty cycle among them is related to the shortest defrosting period [13.3min, 12.6min (R)].
Finally, R-455A obtained similar energy consumption in relation to R-404A. In terms of average
defrosting time, with this mixture the shortest periods were measured [10.2min, 11.3min (R)].
Those shortest periods are also related to the highest evaporating level (Figure 4).
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Figure 6. Disaggregated energy consumption during 24h

5. CONCLUSIONS
Experimental and theoretical substitution process of R-404A by the low-GWP alternatives R-454C,
R459-B, R-457A and R-455A has been addressed with an open-fronted vertical cabinet for fresh
product (-5ºC) according to energy consumption tests based on ISO 25953-2.Thermodynamic
approach indicates that the substitutes offer similar VCC and a slight increase in COP for the
operation at tO=-7ºC and tK=40ºC. A relevant reduction of the inlet vapour quality to the evaporator
is predicted, which will compensate the large glide of the mixtures.
For the cabinet without receiver, optimized refrigerant charges offered energy consumption
reductions in relation to R-404A: 2.07% for 1100g of R-454C, 10.76% for 1460g of R-459B,
10.48% for 1500g of R-457A and 2.95% for 1600g of R-455A. Those improvements were slightly
larger when working with receiver: 2.45% for 1400g of R-454C, 11.55% for 1500g of R-459B,
10.69% for 1600g of R-457A and 2.9% for 1800g of R-455A.
For both system configurations, an increase in the evaporating level was measured for all the
mixtures, indicating an improvement of the evaporator’s thermal performance, which is not much
affected by the large glide of the mixtures. The increased evaporating level resulted in general in
shortest defrosting periods, which reduced the thermal load to the cabinet. Compressor discharge
temperatures and pressures were similar to R-404A ones; thus, no difficulties are expected in the
substitution process.
From the experimentation, it is concluded that it is possible to substitute R-404A by the new lowGWP refrigerant mixtures in stand-alone systems, with reduced refrigerant charges and with
reduced energy consumption.
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NOMENCLATURE
COP
coefficient of performance
E
energy consumption, kWh
EEV
electronic expansion valve
Glide
temperature difference in a constant
pressure phase-change, K
GWP
100 global warming potential
h
enthalpy, kJ·kg-1
M
molecular mass, g·mol-1
m
refrigerant mass flow rate, kg·s-1
NBP
normal boiling point, ºC
p
absolute pressure, bar
PC
power consumption, kW
RH
relative humidity, %
RU
degree of superheat, K
s
entropy, kJ·kg-1·K-1
SUB
degree of subcooling, K
t
temperature, ºC and time, s
VCC
volumetric cooling capacity, kJ·m-3
xv
vapour title

Greek symbols
∆
increment
𝑣
specific volume, m3·kg-1
λ
latent heat of phase change, kJ·kg-1
Subscripts
a
air
c
critical point
cam climatic chamber
dis
compressor discharge
exp
expansion valve
ihx
internal heat exchanger
imp
impulsion
in
inlet
K
condensing level
O
evaporating level
out
outlet
p
product
R, ref reference test. R-404A with 1500g and
liquid receiver.
ret
return
s
isentropic process
suc
compressor suction
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ABSTRACT
Fin-and-tube heat exchangers (HX) have wide application in the industry. The study of HXs with
reduced tube diameter has allowed the development of more compact and equally efficient
equipment. Most of the HXs of this type are composed of flat fins, not only due to the ease of
construction but also to their reliability in long-term operation and reduced friction characteristics.
The formulation of mathematical equations that predict the effect of the geometric characteristics on
the heat transfer and friction factors of the HXs lead many researchers to try to establish correlations
that approximate the experimental results. In this paper is developed a computational tool based on
literature correlations is used to evaluate the Colburn and friction factors for flat fin-and-tube compact
HXs. The results of predictions show the Colburn and friction factors behavior for different
geometrical parameters (fin pitch, tube diameter, tube number) and typical Reynolds number.
Keywords: Refrigeration, Heat exchangers, Compact, Computational simulation, Evaporators,
Energy Efficiency.

1. INTRODUCTION
Fin-and-tube heat exchangers are widely used in engineering applications such as air-conditioning
systems, gas heaters and refrigeration systems. This type of exchanger is usually composed of
mechanically or hydraulically expanded round tubes in continuous and parallelly arranged fin blocks.
The fins associated with the exchangers can take several forms, the most common of which are the
flat type. Although the wavy, louver and slit fins significantly improve the heat transfer coefficient
compared to the flat fins, they do not guarantee as much reliability in long-term operation, as they
have characteristics regarding higher friction. Many researches have been developed in the field of
heat transfer and friction characteristics in flat-geometry fin plate changers, and the most influential
works in this area are synthesized by Wang et al. (2000). These collected tests differ essentially in
the geometric characteristics of the exchangers, such as the number of rows of tubes, the diameter
of the tubes, the thickness of the tube wall, the transverse distance between tubes, the longitudinal
distance between tubes, the space between the fins and the thickness of the fins.
Tests on this subject have been based on smaller diameters of the exchanger tubes, lower than
9.0mm, due to the increasing use in domestic applications. This geometry enhances the
development of more compact heat exchangers, with high heat transfer coefficients and low load
losses, as well as using smaller amounts of refrigerant (Wang and Chi, 2000; Wang et al., 1997;
Seshimo and Fujii, 1991).
The experimental tests conducted by researchers in this area are usually governed by
recommendations from ASHRAE (1993) and ASHRAE Standard 41.2 (1987), thus allowing
uniformity among the various measured values.
The main objective of the data collection is to try to establish mathematical correlations, with minimal
error, in order to predict the values of the performance parameters of the exchanger for different
geometric dimensions. This will enable, without experimental testing, to predict the best geometry of
the exchanger in order to optimize it.
Experimentally, obtaining the coefficient of heat transfer and the loss of load are what allows the
study of heat exchangers. These are generally obtained by applying the ε-NTU method to determine
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the product of UA. This situation then allows to know the overall transfer coefficient of the exchanger
between the fluid circulating inside the exchanger and the surrounding circulating air.
Considering the ε-NTU method and the global thermal transfer resistance, which is given by:

Eq. (1)
whose coefficients are obtained from other studies (Gnielinski, 1976; Schmidt, 1949), according to
Wang et al. (1996, 2000a) the heat transfer characteristics are presented in terms of the factor
Colburn by:
Eq. (2)
The friction factor is calculated from the equation of pressure drop described by Kays and London
(1984), being expressed by:

Eq. (3)

2. CORRELATION
Result of the 74 samples collected by Wang et al. (2000), a database was created that allowed to
obtain the performance of the passage of the air by the exchanger based on the Colburn factor (j)
and the friction factor (f). The increase of the database induces better correlations, increasing their
reliability. Many attempts have been made to correlate the results of the experiments, and the basic
forms of correlations are:
Eq. (4)

Eq. (5)
Where the parameters C1, C2, C3, and C4 are dependent on the physical dimensions of the heat
exchanger. From the detailed evaluation of this database, Wang et al. (2000) indicates that the final
expressions for heat transfer performance are given by:
For N = 1
Eq. (6)
Where
Eq. (7)
Eq. (8)
For N ≥ 2
Eq. (9)
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Where
Eq. (10)

Eq. (11)

Eq. (12)

Eq. (13)
The friction factor is given by:
Eq. (14)
Where
Eq. (15)

Eq. (16)

F3

Eq. (17)

These correlations, however, should only be applied to exchangers with the characteristics described
below, since only these ranges were taken into account when obtaining them:
• Type of fin – flat
• N - between 1 and 6
• DO - between 6.35 and 12.7 mm
• Fp - between 1.19 and 8.7 mm
• Pt - between 17.7 and 31.75 mm
• Pl - between 12.4 and 27.5 mm
Other correlations have been established by several researchers, however they are focused on the
tests carried out by each researcher and are not assigned to a large database.

3. SIMULATION OF CORRELATIONS
From the correlations established by Wang et al. (2000), a simulation of the same was done using
the MATLAB program, providing the study of the effect of the various geometric parameters on the
thermal transfer characteristics.
Table 1 shows the geometric dimensions assumed in the computational simulations. The choice of
these dimensions was based on the experimental tests performed by Wang et al. (2000) for small

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2185

diameters of the exchanger tubes. In order to carry out the study, different air velocity values were
assumed, implying different Reynolds numbers.
Table 1. Geometric dimensions of heat exchangers

No

D0 (mm)

Fp (mm)

Pt (mm)

Pl (mm)

δt (mm)

N

1

7

1.22

21

12.7

0.115

2

2

7

1.78

21

12.7

0.115

2

3

7

1.22

21

12.7

0.115

4

4

7

1.78

21

12.7

0.115

4

5

9.52

1.23

25.4

19.05

0.115

1

6

9.52

2.23

25.4

19.05

0.115

1

7

9.52

1.23

25.4

19.05

0.115

2

8

9.52

2.23

25.4

19.05

0.115

2

9

9.52

1.23

25.4

19.05

0.115

4

10

9.52

2.31

25.4

19.05

0.115

4

4. ANALYSIS OF RESULTS AND DISCUSSION
Figs. 1 and 2 illustrate the resulting values of the simulations performed from the above-described
correlations. These are relatively close to the experimental values published by Wang et al. (2000).
As Wang et al. (2000) described, the proposed correlation for heat transfer can describe 88.6% of
the Colburn (j) factors with ±15% deviation, while the correlation of the friction factor correlates 85.1%
of the factors by ±15%.
Figs. 3 and 4 show the effect of the space between the fins (Fp) on the heat transfer and the friction
factor, respectively, on heat exchangers with 4 rows of tubes. As can be seen in Fig. 3, the Colburn
factor for heat transfer is practically independent of the spacing between the fins in any of the
configurations. The same was concluded in the works developed by Rich (1973) and Wang et al.
(1996), who reported that although the space between fins was not the same, the coefficient of heat
transfer is independent.

Figure 1: Simulation of the Colburn factor correlation for different Reynolds numbers and for the
different geometric dimensions of the heat exchangers.
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Figure 2: Simulation of the correlation of the friction factor (f) for different Reynolds numbers and for
the different geometric dimensions of the heat exchangers.

Figure 3: Effect of the space between fins on the Colburn factor for N = 4.

4 rows

Figure 4: Effect of the space between fins on the friction factor for N = 4.

The effect of the spacing between fins is also shown in Fig. 5 and 6 for heat transfer and coefficient
of friction, respectively, but now for one and two rows of tubes. Contrary to the previous situation,
here we see that there is a relation between the space between fins with the Colburn factor and the
coefficient of friction. Regardless of the Reynolds number, for N = 1 it is observed that the heat

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2187

transfer factor increases with the decrease of the spacing between the fins. For N = 2, the same
situation exists, but only for 𝑅𝑒𝐷𝑐 < 1200, once when 𝑅𝑒𝐷𝑐 > 1200 this situation is reversed.

Figure 5: Effect of the space between fins on the Colburn factor for N = 1 and N = 2.

Figure 6: Effect of the space between fins on the friction factor for N = 1 and N = 2.

Similarly, it is also observed that the friction factor increases with the reduction of the spacing
between fins, independently of the number of rows of tubes, a situation which is also verified
experimentally by Wang et al. (2000).
Figs. 7 and 8 illustrate the effect of the number of rows of tubes on heat transfer and the coefficient
of friction. As can be seen, for values of 𝑅𝑒𝐷𝑐 < 1200 the Colburn factor decreases with increasing
number of rows of tubes. However, this effect tends to attenuate with the increase of Reynolds
number. This same situation is identified by Wang et al. (1996) and Rich (1975), although for higher
Reynolds numbers. The friction factor is independent of the number of rows of tubes, also confirmed
experimentally by Wang et al. (2000)
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Figure 7: Effect of the number of rows of tubes in the heat transfer (Fp = 1.23mm).

Figure 8: Effect of the number of rows of tubes on the coefficient of friction (Fp = 1.23mm).

5. CONCLUSIONS
The attempt to establish mathematical correlations with the minimum of errors in relation to the
experimental results has shown to be very relevant for the most different test conditions, with mean
deviations of less than 7.51% and 8.31% being obtained for the correlations of the coefficient of heat
transfer and the friction coefficient, respectively (Wang et al., 2000). Among the many correlations
that have been published, we highlight the correlation presented here, not only because of the
average deviations of the values being reduced, but also because of the large data base that
supported the formulation. Although some simulations of correlations do not accurately rewrite the
assays, as has been found, they are a good approximation to the assays. In this way, although in a
general way, this situation allows to conjecture the influence of the geometric characteristics on the
coefficients of transference of heat and friction. In short, we can therefore state that the correlations
described above are presented as a good solution to the experimental tests.
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ABSTRACT
Refrigeration systems are widely accepted as a mean to prevent food degradation. These systems
usually rely on fin-and-tube heat exchangers to lower the air temperature. Due to long operation
times and surface temperatures below dew point, frost may form and accumulate on the
evaporators fin surface. This frost accumulation reduces and may clog the airflow, decreasing the
system efficiency. Usually, most systems use a time-controlled system (stopping the compressor
with or without powering a heating resistor inserted among fins to heat) to melt the ice. This
method does not measure or predict the amount of frost formed, thus it is not reliable. Ice sensors
that are cheap, reliable and easy to implement in commercial systems are studied. A resistive
sensor is purposed, that measures the voltage between two electrodes with the water phase
change (condensation and solidification -freezing-), as these states have different resistive values.
Different electrode materials, morphologies and configurations are studied in order to obtain the
best design.
Keywords: Refrigeration Systems, Frost, Monitoring, Testing.

1. INTRODUCTION
The issue of frost formation in air conditioning and refrigeration systems, more specifically on the
fin-and-tube evaporators has been studied for several years, and yet it is the main cause of
inefficiency (Popovac, et al., 2015), (Guo, et al., 2008).These fin-and-tube evaporators have a
large area-to-volume ratio because they are used in light commercial systems. The demand for
subfreezing operating temperatures causes the formation of a frost layer on the fin surface (Melo,
et al., 2011), (Hermes, et al., 2009) as shown on Fig. 1.

Figure 1: Visualization of the fins surface before (a) and after (b) the frost formation process (adapted
from (Melo et al., 2011)

A frost layer is a porous medium comprised of ice crystals and pores filled with moist air. The frost
buildup on the evaporators fin surface increases its air-side thermal resistance, decreasing the
overall efficiency of the system. The efficiency keeps decreasing if the frost is allowed to continue
growing due to not only the increment of the heat transfer resistance, but also to the blockage of
the air passage between the fins. Full blockage of the evaporator can occur if no defrost method is
applied (Melo et al., 2017). Several parameters can influence frost growth, but those with most
influence are air relative humidity, velocity and supercooling degree (difference between inlet air
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dew point and fin surface temperature) (Hermes et al., 2009), but may also be influenced by other
parameters such as fin shape and spacing (Melo et al., 2011), type of flow (laminar or turbulent)
(Yang et al., 2006), or air cleanliness (Wang et al., 2011). The lower system efficiency caused by
the frost layer on fin surfaces result in a higher energy demand, and in extreme cases, system
damage, besides threaten food safety. Defrost methods are used to reduce the problem, although
additional energy is usually also consumed for them to operate (Wang et al., 2017). These defrost
methods can be classified as seen in Fig. 2.

Figure 2: Classification of available defrost methods (Aguiar et al., 2018)

Time controlled with on-off defrosting and electric resistive heater or reverse cycle are the most
used defrost methods. Apart from these, none of the abovementioned methods has gained
significant acceptance from the refrigeration industry, due to complex, expensive and unreliable
sensing and prediction methods (Xiao et al. 2010; Jiang, et al. 2013). This can cause a huge
impact on energy consumption, as the timed defrost operations have to be timed for the worst-case
scenario (warm and high air relative humidity) and thus, as these properties vary during the year,
the amount of defrosting cycles could vary as well. Tassou et al. (2001) studied frost formation and
defrost control parameters for vertical open refrigerated display cabinets (VORDC) and concluded
that the ideal time between defrosts varies greatly with air temperature and humidity. As shown in
Fig. 3, the ideal operation time between defrosts on VORDC can range from 4 hours to around 9.5
hours during different times of the year. A time-controlled defrosting must have in consideration the
worst-case scenario on time between defrosting operations.

Figure 3: Optimum time between defrosts in relation to air temperature and humidity (adapted from
(Tassou et al., 2001)
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Demand defrost tries to solve this problem by predicting frost formation. This prediction can be
done by computing the measured factors that influence frost formation (such as surface
temperature, and inlet air characteristics: relative humidity, temperature and velocity) (Cui et al.,
2011), computing the measurable system changes caused by the frost accumulation on the
evaporator (temperature difference between the air and evaporator surface (Buick et al., 1978),
pressure drop (Jarrett, 1972), degree of refrigerant superheat (Lawrence and Parker, 1998), fan
power sensing (Muller, 1975) or both (Datta et al., 1997), using methods such as artificial
intelligence (Kalogirou, 2000) and other algorithms (Cao et al., 2013; Bagyaveereswaran et al.,
2017). Alternatively, demand defrost cycles can be controlled by directly measuring frost on the
evaporator coils. In this scenario no prediction is necessary, as sensors positioned on the
evaporator directly evaluate the state of the frost accumulation and their data is processed so that
the defrost operation occurs when best suited. The resistance of a given sample varies with its
form and material. Air, ice and water have quite different electrical resistance values, meaning that
if two electrodes are positioned in the evaporator (but close enough for a voltage drop to be
measured on a highly resistive material such as ice) and a voltage is applied on the terminals, a
characteristic voltage drop will be measured as water forms, and this voltage drop will decrease as
this water freezes, giving accurate measures of the ice formation. A device based on this
characteristic was developed by Gaspar et al. (2016) and Caetano et al. (2018), as shown in Fig.
4.

Figure 4: Apparatus for water and ice detection using a resistive sensor (Caetano et al., 2018)

In the present paper, more materials and distances between the electrodes were tested in order to
optimize the sensor operation by trying to find the optimal configuration for ice detection on the
evaporator. The tested parameters are based on Eq. (1):

𝑅=

!"
!

Eq. (1)

Where R is the measured resistance, ρ the resistivity of the material between the electrodes which
is the variable that indicates if there is water, ice or air between the electrodes, L the length of this
material (directly related with the distance between the electrodes), and A the section area of this
material. In order to increase the sensibility of the sensor, R must as low as possible when there is
water, and high when there is air in between the electrodes. Therefore, L is decreased and A is
increase. The section A automatically increases with the decrease of L as the droplets of water that
form upon the water condensation on the evaporator. Ultimately, a bridge between the electrodes
is formed, and this happens easier if the gap between these electrodes is smaller as seen on
Figure 5. This condensed water will result in a decrease of the resistance of the sensor and
consequent higher voltage drop.
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Figure 5: Formation of water droplets on the electrodes of the sensor (left) and bridges of water
formed during condensation on a sensor with the electrodes closer (right)

2. EXPERIMENTAL SETUP
An analog-to-digital converter (ADC) uses a voltage divider to measure the voltage drop between
the electrodes as shown in Fig. 6. The ADC returns a value between 0 and 1023, that represents
lower and higher resistances respectively. Ice and air should be expected to give values near
1023, as they have high resistive values, and water should have a lower value.

Figure 6: Experimental setup scheme

Sixteen sensor configurations are tested: eight with copper electrodes and eight with zinc plated
electrodes. Both copper and zinc sensors have electrode distances of 3.0, 3.5, 4.0, 4.5, 5.0, 6.0,
7.0 and 8.0 mm.

3. RESULTS
Ten measurements were made for each set of electrodes distance, material and substance
between the electrodes due to measurement fluctuations. The average results of ADC conversion
is shown on Table 1.
Table 1. Values of ADC conversions obtained for the different electrode distances and materials

Electrodes
distance
(mm)

Air

Water

Ice

Copper

Zinc
plated

Copper

Zinc
plated

Copper

Zinc
plated

3.0

1023

1023

461.2

435.6

1010

1009

3.5

1023

1023

812

750.9

1014

1010

4.0

1023

1023

902.3

844.7

1017

1013

4.5

1023

1023

932.7

910.3

1020

1019

5.0

1023

1023

1004.3

984.6

1021

1019

6.0

1023

1023

1023

1023

1023

1023

7.0

1023

1023

1023

1023

1023

1023

8.0

1023

1023

1023

1023

1023

1023
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4. ANALYSIS OF RESULTS AND DISCUSSION
Fig. 7 shows the comparison between copper and zinc plated. No significant difference is observed
between the curves, as the values for each distance are close. Although, the zinc plated electrode
usually has a slightly lower value.

(a) Air.

(b) Water.
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(c) Ice.
Figure 7: ADC conversion value vs. distance between electrodes for values for copper and zinc
plated electrodes (cooper: l; zinc plated: p )

Fig. 8 shows the comparison between air, water and ice for zinc plated and copper electrodes.
Because of the high resistivity of ice, it is hard to distinguish between ice and air. The water is the
medium with the most variation with the electrode distances, as the water droplets easily form
water bridges between the electrodes that are closer to each other, and as these distances
increase it becomes harder to establish a water connection between the electrodes.

(a) Zinc plated electrodes.
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(b) Cooper electrodes.
Figure 8: Values obtained for air, water and ice for the zinc plated electrodes (Air: £; - Water: l; Ice:
p )

5. CONCLUSIONS
As expected, the closer the electrodes are, the easier it is to distinguish between ice, water and air,
which is the main objective of implementing these sensors in evaporators. The difference between
copper and zinc plated electrodes is not significant, so it is recommended to use the most
corrosion resistant material, or even test more corrosion resistant materials such as stainless steel,
to evaluate if the difference in measurements amongst electrode materials is still not relevant. This
can be important as the materials that can form oxide layers might have different resistances and
therefore different readings and lower durability.
Further research should be made on the subject, regarding other morphologies (smaller and larger
electrode diameters, flat electrodes, non-parallel electrodes, etc).
Although it can be difficult to distinguish ice from air, the fact that one doesn’t form right after the
other might help with misreading. Water forms before ice, and when frozen, ice melts into water
before the electrodes dry. This causes a significant drop in the resistance of the sensor that can
help to know if a defrosting operation is due, or if a defrosting operation has been successful and
can be terminated.
This paper further proves the concept of a resistive sensor being used for demand defrosting.
Nonetheless, further studies should be done to increase the precision of ice detection, and reduce
the sensor size to make it more practical for implementation.
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ABSTRACT
An electrochemical compressor is a solid-state compression device. For decades, researchers have
been studying the electrochemical compressor for applications in energy storage. This paper
introduces the working principle of eletrochemical ammonia compression process and the test facility
constructed, and examines the performance data of an electrochemical ammonia compressor and
the electrical power input requirements. The minimum required electrical energy input is defined for
isothermal and isentropic conditions. The real steady-state electrical power input is compared to
ideal conditions.
Keywords: Electrochemical, Compressor, Ammonia, Energy Storage.

1. INTRODUCTION
The electrochemical compressor (EC) is a solid-state compression device that uses an
electrochemical reaction to incite mass transport of a given working fluid across a solid membrane.
Research groups around the world have verified the electrochemical compression process for
hydrogen (Rohland et al., 1998; Strobel et al., 2002; Grigoriev et al., 2011). However, recent
experiments have demonstrated that electrochemical compression is possible with a variety of
working fluids, including ammonia (Tao et al., 2017). Following the verification of ammonia
electrochemical compression on a small scale, the current project work aims to scale up the
operation to achieve more compression work and also to improve the efficiency of the compression
process. While the compression efficiency in the previous experiments was low, we hope to increase
the cell efficiency by improving the distribution of gases inside the cell and by reducing the cell’s
electrical impedance. Ammonia is a commonly used refrigerant and may also be used for power
generation, either in ammonia fuel cells (Ganley, 2008) or in internal combustion engines (Reiter
and Kong, 2010). These power generation applications require high pressure storage of ammonia;
therefore, an efficient ammonia compressor becomes necessary for both refrigeration and energy
storage applications.

2. WORKING PRINCIPLES
The EC may be a useful component in ammonia energy storage, as it may be able to compress
ammonia gas with higher efficiency than a conventional mechanical compressor. The EC device
consists of three main components: the gas distribution channels, the electrodes, and the
membrane. The gas distribution channels, shown in Fig. 1(a), supply the working fluid to the
electrodes, which are made of a porous, electrically conductive material. Within the electrodes, two
separate half-reactions occur. In the first half-reaction, the working fluid reacts to form an ammonium
ion that is permeable through the membrane. The ion then passes through the membrane, after
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which the second half-reaction occurs in the opposite electrode. In the second half-reaction, an
ammonium ion reacts to reform the ammonia and hydrogen gases at an elevated pressure. A second
gas distribution channel receives the high-pressure fluid from the electrode. Fig. 1 illustrates the
process.

Figure 1: Diagram of NH3 EC cell

The following analysis considers an ammonia compression process. Eq. (1) governs the oxidation
reaction on the anode side, while Eq. (2) governs the reduction reaction on the cathode side.
2𝑁𝑁𝐻𝐻3 + 𝐻𝐻2 → 2𝑁𝑁𝐻𝐻4+ + 2𝑒𝑒 −
2𝑁𝑁𝐻𝐻4+ + 2𝑒𝑒 − → 2𝑁𝑁𝐻𝐻3 + 𝐻𝐻2

Eq. (1)
Eq. (2)

From the reaction, mass transport is caused by the movement of electrons. Thus, to generate mass
flow, current must be supplied to the cell, which requires an electrical potential. The total cell potential
can be expressed by
𝑈𝑈𝑡𝑡𝑡𝑡𝑡𝑡 = 𝑈𝑈𝑁𝑁 + 𝜂𝜂𝑂𝑂ℎ𝑚𝑚 + 𝜂𝜂𝑎𝑎𝑎𝑎𝑎𝑎 + 𝜂𝜂𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐
Eq. (3)
where Utot represents the total electrical potential in the cell, UN is the Nernst voltage, ηohm is the
Ohmic polarization loss, and ηconc is the concentration polarization loss. For now, we assume the
concentration loss is negligible.
The Nernst potential is the cell potential required to maintain a given concentration difference across
the membrane. The value is given by Eq. (4) in terms of absolute suction pressure Pin and absolute
discharge pressure Pout and is valid for constant temperature reactions and assumes ideal gas
behavior.
3𝑅𝑅𝑅𝑅
𝑃𝑃𝑜𝑜𝑜𝑜𝑜𝑜
ln �
�
Eq. (4)
2𝐹𝐹
𝑃𝑃𝑖𝑖𝑖𝑖
where R is the universal gas constant, F is Faraday’s constant, and T is the absolute temperature.
𝑈𝑈𝑁𝑁 =

The Ohmic loss term may be given by

𝜂𝜂𝑜𝑜ℎ𝑚𝑚 = 𝑖𝑖 ∗ 𝑟𝑟
Eq. (5)
where i is the current density and r is the area-specific resistance, a property of the membrane.
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The current density requirement can be deduced from the required mass flow of ammonia gas using
Faraday’s law of electrolysis, assuming no drag of additional ammonia molecules occurs.
𝑚𝑚̇𝑁𝑁𝑁𝑁3 𝑧𝑧𝑧𝑧
∗
Eq. (6)
𝑀𝑀𝑁𝑁𝑁𝑁3 𝐴𝐴
where 𝑚𝑚̇𝑁𝑁𝑁𝑁3 is the mass flow rate of ammonia gas, MNH3 is the molar mass of ammonia, z is the
number of electrons displaced per molecule of ammonia transported (equal to 1 for this reaction),
and A is the total membrane area.
𝑖𝑖 =

3. EXPERIMENTAL SETUP
Fig. 2 shows a schematic diagram of the EC test facility. We supplied NH3 and H2 to the EC in known
quantities via two mass flow controllers, labeled MFC on the diagram. The hydrogen line was then
passed through a humidifier to introduce moisture into the fluid mixture. The inlet pressure was
measured with an absolute pressure transducer. The EC was heated to a desired temperature. A
constant stream of gas was flowed through the suction side to ensure there were enough reactants
for the electrochemical reaction. The suction side pressure was then regulated by a capillary
expansion device. On discharge side, a second absolute pressure transducer measured the
discharge pressure. Gases left the EC through a back-pressure regulator, which maintained constant
pressure in the cell.

Figure 2: Schematic of experimental setup

The compressor consisted of two cells in parallel, as illustrated by Fig. 3. Gas was introduced to
each membrane via graphite bipolar plates with embedded parallel flow channels. We used
preassembled membrane electrode assemblies, consisting of Nafion 115 membranes and carbon
cloth gas diffusion layers. Each electrode was coated with 0.5 mg/cm² of Pt supported carbon
catalyst. The experiments were carried out under galvanostatic conditions, with a constant current
of 1.5 A for all experiments. Additionally, inlet flow rates of 200 sccm of NH3 and 100 sccm of H2
were used for each experiment. In each test, we observed the increase in pressure of the discharge
side and adjusted the back-pressure regulator to the desired outlet pressure. We ran the tests until
steady states were achieved for both pressure and cell voltage.
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Figure 3: Diagram of EC stack

4. RESULTS
Table 1 details both the set parameters for each test, including total current, stack temperature, and
inlet humidity as well as the measured variables, suction pressure, discharge pressure, and total
voltage. The Nernst voltage is a calculated variable based on temperature and pressure.
Table 1. Steady state experimental data

Test

Current
(A)

Temp.
(°C)

Cell RH
(%)

1
2
3

1.5
1.5
1.5

27.7
51.7
25

28
41
33

Suction
Pressure
(bar_a)
1.77
1.73
3.70

Discharge
Pressure
(bar_a)
9.88
9.92
12.28

Total
Voltage
(mV)
354
295
219

Nernst
Voltage
(mV)
133
147
92

ir
Loss
(mV)
220
149
126

Fig. 4 shows the cell pressurization process for Test 1. The pressure-time curve shows the gradual
pressurization of the discharge side. At around 800 seconds, the pressure in the discharge side
reached the setpoint of the back-pressure regulator, at which point gas began flowing out of the
discharge line at a steady pressure. From the voltage-time curve, we see that the stack voltage
strongly correlates to the pressure. The real voltage increases until the pressure reaches its steady
condition and the decreases. We noted that the voltage decreased significantly after the high-side
pressure stabilized. However, the increase was likely due changes in the low-side pressure. As the
test ran on, the suction side pressure increased slightly even after the discharge pressure stabilized.
The increase in suction pressure decreased the pressure ratio which was a likely reason why the
total voltage decreased after the discharge pressure stabilized. Fig. 5 shows the pressurization
curves for Test 3, in which we maintained the suction-side at 4 bar_a. The pressure-time curve again
shows the pressure increasing to a steady condition. The jump in pressure near the 4,000 second
mark resulted from adjustments made to the back-pressure regulator to get to our desired discharge
pressure of 12 bar_a. The voltage curve again shows the dependence of the stack voltage on the
pressure ratio, noting that, after the high-side pressure stabilized, the low-side pressure increased,
decreasing the overall pressure ratio, which brought down the stack voltage.
In both Figures, we notice the difference between the Nernst voltage and the real voltage is nearly
constant, which implies the electrical do not change significantly over the course of the experiment,
implying there were not major electrochemical losses due to the differential pressure. Additionally,
the ir loss in Test 1 is significantly larger than that of Test 3, despite the similar operating conditions.
Further experimentation will examine whether the increased ir loss is due to the elevated pressure
or whether the increased loss was due to membrane properties, such as insufficient membrane
hydration.
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Figure 4: EC pressurization from 2 bar_a to 10 bar_a

Figure 5: EC pressurization from 4 bar_a to 12 bar_a

5. ANALYSIS
In this work, as well as many previous experimental investigations into electrochemical compression,
electrochemical cells are heated to a constant, elevated temperature. Consequently, the suction and
discharge sides are maintained at the same temperature. Because the Nernst Eq., Eq. (4), is valid
for constant-temperature electrochemical processes, researchers often expect isothermal
compression behavior. Suermann et al. (2017) considered isothermal processes in their hydrogen
compression experimentation, reporting very high efficiencies. Onda et al. (2006) demonstrated
steady-state compression of hydrogen at constant temperature, reporting reasonable power
consumption. Shen at al. (2018) report both values of isothermal and isentropic efficiency in their
study to characterize a prototype electrochemical compressor stack. While the cell temperature may
not change perceptibly, the compression process may not be thought of as isothermal. Any
isothermal compression requires heat removal. In this analysis, we evaluate the minimum electrical
power input required for both the isothermal and isentropic cases.
First, we define the properties of the ammonia/hydrogen gas mixture. For the ammonia compressor,
we may define the fluid properties for a stoichiometric ratio of ammonia and hydrogen. Thus, for the
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2/3 ammonia, 1/3 hydrogen fluid, the molar mass, M, becomes 12 g/mol. The total mass flow rate of
the gas may be defined as
𝑚𝑚̇ =

3𝐼𝐼𝐼𝐼
.
2𝐹𝐹

Eq. (7)

When we multiply the Nernst voltage by the current density, we obtain the following,
𝑊𝑊𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖ℎ𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 = 𝐼𝐼

3𝑅𝑅𝑅𝑅
𝑃𝑃𝑜𝑜𝑜𝑜𝑜𝑜
ln �
�.
2𝐹𝐹
𝑃𝑃𝑖𝑖𝑖𝑖

Eq. (8)

Substituting current density for mass flow rate based on Eq. (7) we find
𝑚𝑚̇ 𝑅𝑅𝑅𝑅
𝑃𝑃𝑜𝑜𝑜𝑜𝑜𝑜
ln �
�
𝑀𝑀
𝑃𝑃𝑖𝑖𝑖𝑖
which is an expression of power required for an isothermal compression process.
𝑊𝑊𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖ℎ𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 =

Eq. (9)

Losses in electrochemical efficiency stem from the overpotential terms were introduced in Eq. (3).
Thus, neglecting activation and concentration overpotential, the total electrical power input is
𝑊𝑊𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖ℎ𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 𝐸𝐸𝐸𝐸 =

𝑚𝑚̇
𝑃𝑃𝑜𝑜𝑜𝑜𝑜𝑜
2𝑖𝑖𝑖𝑖𝑖𝑖
�+
�𝑅𝑅𝑅𝑅 ln �
�.
𝑀𝑀
𝑃𝑃𝑖𝑖𝑖𝑖
3

Eq. (10)

In much of the reported electrochemical compression experimentation, the compression cells were
temperature controlled. However, for any isothermal compression process, the entropy of the
working fluid after compression must be less than the fluid entropy prior to compression. The second
law of thermodynamics requires that heat be removed from the system in order to decrease its
entropy.
Thus, if we do not spend energy to maintain the cell at constant temperature, we must conclude that
the Nernst voltage is not the minimum voltage needed to maintain compression. This seems
reasonable, as the Nernst Eq. is only valid for constant temperature processes. In this case, the
second law of thermodynamics tells us that an adiabatic and reversible process is the lowest energy
compression without active thermal management. In this case, we may be able to determine the
minimum voltage required for the electrochemical reaction based on the power required for an
isentropic process. The power requirement for an isentropic process for a given ideal gas with
constant specific heat, is defined as
𝑘𝑘−1
𝑘𝑘

𝑘𝑘 𝑚𝑚̇𝑅𝑅𝑇𝑇1 𝑃𝑃2
𝑊𝑊𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 =
�� �
𝑘𝑘 − 1 𝑀𝑀
𝑃𝑃1

− 1�

Eq. (11)

where k is the ratio of the fluids specific heat for constant pressure to the specific heat for constant
volume. If we define the specific heats of the fluid mixture as cp =xH2 cp,H2 +xNH3 cp,NH3 and similarly
for cv, then we can define the k value for the fluid mixture as well.
Without any other energy flows into or out of the cell, the minimum electrical consumed by the
compressor must be equal to the isentropic power. Using the mass flow relation from Eq. (5), we
establish a value for the minimum cell potential, Urev, needed to satisfy the thermodynamic
requirements
𝑈𝑈𝑟𝑟𝑟𝑟𝑟𝑟

3𝑘𝑘𝑅𝑅𝑇𝑇1

𝑘𝑘−1
𝑘𝑘

𝑃𝑃2
=
�� �
2(𝑘𝑘 − 1)𝐹𝐹 𝑃𝑃1

− 1�.

Eq. (12)

This cell potential represents an adiabatic case. If the cell experienced heat loss to the surrounding
environment, as would occur as the cell heats up and rejects heat to the environment, the minimum
voltage required to sustain the reaction may decrease. Therefore, Urev represents an upper limit on
the voltage required to maintain the pressure differential.
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Considering the EC ir loss, we get the following expression for the maximum cell power consumption
𝑚𝑚̇

𝑘𝑘𝑅𝑅𝑇𝑇1

𝑘𝑘−1
𝑘𝑘

𝑃𝑃2
𝑊𝑊𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 𝐸𝐸𝐸𝐸 = �
�� �
𝑀𝑀 (𝑘𝑘 − 1) 𝑃𝑃1

− 1� +

2𝑖𝑖𝑖𝑖𝑖𝑖
�.
3

Eq. (13)

In Fig. 6 we compare the power requirement per gram per second of gas for the different cases using
experimentally obtained ir values. We consider the ir loss from Test 3. We expect that the real EC
power consumption will lie between the isentropic EC and the isothermal EC conditions, depending
on how much heat is rejected by the compressor. However, this also depends on the cell resistance,
which may change with different operating conditions. In this simplified model, the cell resistance is
fixed, but, as seen in Table 1, the ir loss changed significantly. These two cases are plotted with the
ideal isentropic and isothermal work, which do not consider ir loss. Further investigation is required
to develop a model for cell resistance as well as to evaluate the power consumption at higher
pressure ratios.

Figure 6: EC specific power consumption versus pressure ratio

6. CONCLUSIONS
In this work, we examined the steady-state performance of an electrochemical ammonia compressor
for different pressure ratios under different operating conditions. We noticed the real EC power
consumption was significantly higher than that of the ideal cases, due to electrical losses inherent to
the membrane. We noticed that the ir losses in the EC stack were not constant and seemed to
fluctuate significantly. Further investigation is required to determine the relationship between cell
operating conditions and electrochemical losses. Additionally, we investigated the minimum power
requirements for the EC. From first law analysis, we noted that the Nernst voltage could not be the
minimum voltage required to maintain steady-state compression. We proposed a new minimum
voltage requirement for an isentropic case that reflected the heat produced by the compression
process. For a totally reversible non-adiabatic process, we theorized that the minimum voltage
required would lie somewhere between these two cases, as the compressor would reject some heat
to the environment at its temperature increased. Considering the real ir loss from the steady-state
experiments, we compared the power requirements for the different cases to our real compressor
data. From this comparison, we observed that, assuming the cell resistance remains fixed, the
compressor work may approach that of the ideal case for very high-pressure ratios. We also found
that the observed variation in the measured ir loss made predicting the real compressor work rather
difficult. Further experimentation is required to develop a more refined model.
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NOMENCLATURE
A
F
i
ṁ
P
r
U
z

membrane area (cm2)
Faraday’s constant (96,500 mol C-1)
current density (A cm-2)
mass flow rate (g s-1)
absolute pressure (bar_a)
area specific resistant (Ω cm)
electric potential (V)
number of electrons transferred

EC
I
k
M
R
T
W

Electrochemical compressor
current (A)
specific heat ratio
molar mass (g mol-1)
universal gas constant (8.314 J mol-1 K-1)
temperature (K)
electrical power (W)
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ABSTRACT

This paper investigates the energy efficiency of geothermal storage integration into the state-of-the-art
CO2 trans-critical booster systems. Three scenarios of integration are studied including stand-alone and
integrated supermarket building systems.
The results show that for a stand-alone supermarket, heat recovery from the CO2 system should be
prioritized over extracting heat from the ground, which this heat extraction can be done either by an
extra evaporator in the CO2 system or by a separate ground source heat pump. In the case of
supermarket integration with a nearby district heating consumer, geothermal storage integration with
extra evaporator in the CO2 refrigeration system can reduce the total annual running cost of the two
buildings by 19-31% and with a payback time of less than three years.
This integration is beneficial if the full efficient heat recovery capacity of the CO2 system is not sufficient
to provide the entire demands.
Keywords: state-of-the-art CO2 trans-critical booster system, Supermarket, Geothermal storage.

INTRODUCTION

While CO2 refrigeration systems have become standard system solution for supermarkets in some
relatively cold climate countries, other “integrated thermal functions” of these systems, and their
performance in warmer climates have been subject to research and optimization. Various modifications
to increase the energy efficiency of CO2 systems have been evaluated in a previous study by the authors
(Karampour and Sawalha, 2018). Based on their results, the definition of the state-of-the-art (SotA) CO2
system has been introduced. This system is presented in section 2.
A potential improvement, which was not covered in the authors’ previous research and is minimally
covered in the literature, is the integration of geothermal storage into the CO2 SotA system. The potential
advantage of this integration is that the ground can be used as a heat sink to provide sub-cooling for
the CO2 system in summer and as a heat source in the winter for the heat pumping function of the CO2
refrigeration system or via a separate Ground Source Heat Pump (GSHP). As the number of CO2
systems with integrated geothermal storage are increasing in Scandinavian supermarkets, it is
necessary to discuss the advantages and limitations of this integration in more details. Using computer
simulations, this paper evaluates the integration of geothermal storage into supermarket CO2 transcritical booster systems. This paper is a summary of a journal paper submitted to International Journal
of Refrigeration, special issue “SI: R744 Technology Status”.
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SYSTEMS DESCRIPTION

The reference system in this study is a state-of-the-art (SotA) CO2 trans-critical booster system, which
is represented by the black lines in Fig. 1a. The features of this system have been discussed in detail
by the authors in previous research (Karampour and Sawalha, 2018). The CO2 SotA system takes
advantage of flooded evaporation to run at high evaporation temperatures and uses parallel
compression to compress the flash gas vapour. It has been shown that these features decrease the
refrigeration annual energy use (AEU) of the standard CO2 booster system by 15%.
The integrated geothermal storage system (represented by green lines) is also shown in Fig. 1a. Early
modelling evaluation of this systems was done by Mateu-Royo (2017). The geothermal sub-cooler is
located after the gas cooler and provides sub-cooling in summer. Heat is stored in the ground during
this season and an extra evaporator (Geothermal Heat Extractor in Fig. 1a) is used to extract the heat
from the ground during winter. The extracted heat is then “pumped” by the compressors to provide heat
in the heat recovery de-superheater.
The extracted heat can be added at either the 𝑃 level and compressed by high stage compressors or
at 𝑃 level and processed by parallel compressors. In the case of heat extraction at 𝑃 level, the
expansion valve before the geothermal heat extractor is fully open and the exit line is connected to the
receiver. Both methods have been applied in field installations in Sweden and are evaluated in this
paper. Another option to extract and use the stored heat from the ground in winter is by running the CO2
system in floating condensing mode with minimum condensing temperature of 10°C, i.e. lowest pressure
possible, and use a separate ground source heat pump (GSHP) to provide the supermarket’s heating
demand. A schematic of this system, designated as “hybrid” in this paper, is shown in Fig. 1b.

(a)

(b)

Figure 1: (a) SotA CO2 booster system (black) and integrated geothermal storage (green) and (b)
Hybrid: refrigeration system sub-cooling in summer, heat source for GSHP in winter

RESEARCH SCENARIOS

The integration of geothermal storage into a CO2 system is evaluated for three integration scenarios:
S1 (S is short for Scenario): In this scenario, the AEU of the CO2 systems with full heat recovery and
without geothermal storage (referred to as S1a) and with geothermal storage (S1b) are compared. S1a
and S1b are visualized in Fig. 2, where all the integration scenarios are also visualized.
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S2: The first case in this scenario (S2a) is the reference without coupling, it consists of two separate
energy systems of a supermarket that recover all its heating needs and a neighboring facility that buys
its heating needs from district heating network. The second case (S2b) couples the supermarket and
neighbor energy systems by integrating the geothermal storage, and providing the entire heating
demands of the two buildings by heat recovery from the refrigeration system.
S3: In the third scenario of geothermal integration (S3), the ground is used for summer sub-cooling of
the refrigeration system and a separate ground source heat pump (GSHP) is used in winter to extract
the stored heat and provide the supermarket heating demand.

Figure 2: The three research scenarios

SYSTEM MODELLING

4.1 Boundary Conditions and Assumptions
The cooling demands and refrigeration boundary conditions are based on field measurements of five
Swedish supermarkets using CO2 as the refrigerant (Sawalha et al., 2015). Some parameters are
updated according to a previous research study on the characteristics of the SotA CO2 systems
(Karampour and Sawalha, 2018).
Medium temperature cooling demand in an average size supermarket is assumed to be 200 kW at 35°C
and decreases linearly to 100 kW at 10°C, below which the demand remains constant. Low temperature
cooling demand is assumed to be 35 kW. Medium and low stage evaporation temperatures of the CO2
SotA are -4°C and -29°C, respectively.
The main heating demand in supermarkets is space heating, which starts at the ambient-temperature
set-point of 10°C. The heating demand is estimated to be 40 kW at 10°C ambient temperature and
increases linearly to 190 kW at -20°C ambient temperature. Water return temperature from the heating
system is assumed to be 30°C. 5K approach temperature is assumed between the water return
temperature and the refrigerant in the condenser of the separate GSHP, or the de-superheater in the
case of heat recovery from the refrigeration system. The heating demand and temperature requirements
of the neighbouring building are assumed to be the same as the supermarket.
The system runs in the floating condensing mode in the summer. The optimum pressure for trans-critical
operation 𝑃 , [bar] is a function of the gas cooler exit temperature 𝑇 ,
[°C], as follows (Sawalha,
2008):
𝑃

,

2.7 𝑇

,

–6

Eq. (1)

The heat recovery control strategy in winter follows the recommendations presented by Sawalha (2013)
and Madsen and Bjerg (2016), and heat recovery max optimum pressure follows Eq(1) but desuperheater exit temperature is used.
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4.2 Geothermal Storage and GSHP Hybrid Solution
Simulations for the ground heat exchanger have been performed for Stockholm conditions; therefore,
the ground properties used for the borehole design are rock thermal conductivity = 3.1 W.m-1.K-1.,
volumetric heat capacity = 2.16 MJ.m-3ꞏK-1, and ground surface temperature = 6.6 ºC (Acuña, 2013).
An aqueous ethanol solution of 24% weight concentration is used as the heat-carrier fluid for the
geothermal loops. The operating temperature of this fluid Tf is restricted to the range of -5°C to +20°C.
The flow rate is 0.5 l/s per borehole, which is constant during the entire operation. The boreholes uses
single U-tube heat exchangers and their depth varies in the 150-200m range. The GSHP uses R407C
as the working fluid, with a heating capacity of 200 kW. The evaporator has a capacity of 150 kW.
4.3 Energy Efficiency Calculations
A computer model developed in EES (Engineering Equation Solver) software (Klein, 2015) is used to
analyze the performance of the CO2 SotA and GSHP systems. The calculations for the geothermal
storage and its borehole field design are performed using Earth Energy Designer (EED) software
(Blomberg et al., 2017) (Hellström and Sanner, 1994). EED evaluates the secondary fluid temperature
evolution in a specific borehole arrangement based on imposed heating and cooling loads.
The compressor electricity use 𝐸
[kW] is calculated using Eq. (2):
𝐸

𝑚

. 𝛥ℎ

Eq. (2)

/𝜂

is the overall efficiency of the compressors, and 𝛥ℎ [kJ.kg-1] is the isentropic enthalpy
where 𝜂
difference over each compressor unit. Compressor commercial datasheets are used to obtain the total
efficiency of the compressors as a function of pressure ratios (BITZER, 2017). Refrigerant mass flow
rate 𝑚
[kg.s-1] is calculated based on the cooling loads in the evaporators.
The total electricity use 𝐸 [kW] of the system is calculated based on Eq. (3):
𝐸

𝐸

𝐸

𝐸

𝐸

𝐸

,

Eq. (3)

where 𝐸 , 𝐸 , and 𝐸 [kW] are the electricity use of the three MT, LT and parallel compressor units.
𝐸 [kW] is the electricity use of the gas cooler fans, estimated to be 3% of the heat rejected in the gas
cooler. 𝐸 ,
is the pump electricity used to circulate the secondary fluid, which is estimated to be
approximately 5% of the extra evaporator capacity in winter or geo sub-cooler capacity in summer.
Heat recovery COP (𝐶𝑂𝑃 ) of the CO2 SotA system is defined as:
𝐶𝑂𝑃

,

Eq. (4)

𝑄 [kW] is the amount of recovered heat, 𝐸 [kW] is the total electricity use calculated from Eq. (3),
and 𝐸 , [kW] is the amount of electricity use if the system is not controlled for heat recovery and is
operated in floating condensing mode with minimum condensing pressure in winter.
Annual energy use AEU [MWh] is calculated using the following equation:
𝐴𝐸𝑈

∑

𝐸

,

.𝑓

Eq. (5)

where 𝐸 [kW] is the total electricity use calculated from Eq. (5), 𝑛 is the number of temperature-bin
hours, and 𝑓 is the frequency, i.e. number of hours, of each temperature bin.

RESULTS AND DISCUSSION

5.1 S1-Stand-alone Supermarket
The first research scenario compares a CO2 refrigeration system without (S1a) and with (S1b)
geothermal storage in a stand-alone supermarket. The performance of eight system arrangements, or
designs, have been calculated in this research scenario.
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- S1a (reference): the system has no geothermal storage and heat recovery through its de-superheater
is used to provide the space heating demand in the supermarket building.
- Sub-cooling in the summer (SC summer): The system is similar to the reference case in winter (i.e. no
heat extraction from the ground) but uses geothermal sub-cooling in summer. This case is shown as
“S1b: SC summer” in Fig. 3.
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Figure 3: Annual energy use and savings
compared to the reference case for S1 cases

-25

-20

-15

-10

-5

0

5

10

T amb [°C]

Figure 4: Annual energy use and savings
compared to the reference case for S1 cases

- Sub-cooling in summer and heat extraction from the ground in winter (SC summer + winter 𝑄 , as
presented in Fig.1a): six cases are studied; three cases of heat extraction at PMT level, and three at Prec
level. System performance is examined for three levels of extra evaporator capacity Q ): 40, 80, and
120 kW. These values are based on the reasonable capacity that could be provided by the installed
compressors; no additional compressors are needed. This is because the compressors typically run in
the summer time to extract vapor from the receiver but are switched off during the winter. The control
strategy to extract the heat from the ground is explained later in this section. Summer sub-cooling is
also studied for a reasonable range up to 15K sub-cooling; this results in a sub-cooling design capacity
of about 60 kW at warmest summer outdoor temperature. System performance in terms of AEU [MWh]
(presented as bars) and AEU decrease [%] (presented as dots) for the eight arrangements is presented
in Fig. 3.
As shown in Fig. 3, geothermal sub-cooling in summer can provide about 3.5% AEU saving compared
to the reference system. However, if the number of boreholes is not sufficient, the ground will not be
cold enough after few summers to be used as an efficient heat sink. For instance, the results of modelling
in EED shows that 12 boreholes each 165m deep are required to keep the secondary fluid temperature
lower than 15°C during a 15-year lifetime of the system.
To study the heat extraction effect on AEU saving in the latter six cases, various heat extraction starting
points have been studied by computer simulations; i.e. the ambient temperature at which the heat
extraction from the ground should be started. The results indicate that only at cold ambient temperatures
below 0°C is it beneficial to extract heat from the ground. “Beneficial” is a compromise between energy
efficiency and ground thermal energy balance in summer-winter. In scenario S1, the ground heat
extraction is set to be activated for ambient temperatures lower than -5°C.
The savings for these six cases that employ geothermal storage the entire year are less than 3%, as
shown in Fig. 3. Compared to the “SC summer” case (3.5%), this implies that heat recovery in the
geothermally integrated CO2 systems has negative impact on energy saving; i.e. not as efficient as heat
recovery in the stand-alone CO2 system, referred to as S1a in this paper. The reason that these six
cases are more efficient than S1a is the sub-cooling in summertime.
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To understand why heat recovery in the integrated solution is not as efficient as the stand-alone CO2
system S1a, 𝐶𝑂𝑃 of the CO2 refrigeration system without geothermal connection (𝐶𝑂𝑃 , ) is
) system. In 𝐶𝑂𝑃 ,
compared to the heating COP of the geothermal heat extraction only (𝐶𝑂𝑃 ,
there is no geothermal connection and the only heat source is the refrigeration load. In 𝐶𝑂𝑃 ,
the
extracted heat is added to the refrigeration load while the system control is the same as in S1a; thus,
the sole effect of the geothermal heat extraction is calculated. In this way the system is seen as a heat
pump extracting heat from the ground and supplying heat via the de-superheater. 𝐶𝑂𝑃 ,
is calculated
using Eq. (4). Heat recovery COP from the extra evaporator 𝐶𝑂𝑃 ,
is defined as the ratio of the
amount of recovered heat 𝑄 , [kW] (by the addition of the extra heat source) to the amount of extra
electricity use in compressors, pumps, and gas cooler fans 𝐸 , 𝑘𝑊 .
𝐶𝑂𝑃

,

,
,

(6)

is greater than 𝐶𝑂𝑃 ,
The result of the comparison is shown in Fig. 4. It is indicated that 𝐶𝑂𝑃 ,
only exceeds 𝐶𝑂𝑃 ,
when the gas cooler is
for most of the ambient temperature range. 𝐶𝑂𝑃 ,
fully bypassed at very low ambient temperatures. This is the point where further increase in the
discharge pressure beyond the maximum value for high efficiency results in a sharp decrease in 𝐶𝑂𝑃 .
If the supermarket is larger with higher heating demands, the gas cooler is fully bypassed at higher
ambient temperatures.
5.2 S2-Integrated Supermarket
A comparison of “separate supermarket and district heating (DH) consumer” systems (S2a) with
“integrated supermarket, geothermal system and district heating consumer” (S2b) is considered in the
second research scenario. This case is quite common, for example, when the supermarket is located
inside a larger shopping mall. The consumer is assumed to have the same heating demand profile as
the supermarket. Since the heat and electric energies are of different types, separate and integrated
solutions are compared based on the annual cost for purchasing the two types of energies to cover the
refrigeration and heating demands. Two scenarios for energy prices are compared: 1) relatively high
electricity price and low district heating price, and 2) low electricity price and high district heating price.
Price values are based on the Swedish market.
A comparison of the annual running cost for the four different scenarios is shown in Fig. 5. Depending
on energy prices, the integrated solution produces an annual running cost savings of 19-31%. The
integrated solution offers lower heating cost for the consumer and provides some profits to the
supermarket due to the winter time heating sale and summer time sub-cooling. Considering the present
energy prices and heating COP of the CO2 system, there is a good margin of savings where the
supermarket can charge the neighbouring building for heat and still be profitable for both supermarket
and the neighbouring building.
The number of boreholes to have reseoanble ground energy balance is caluclated in EED software to
be 12, in a 3*4 rectangular arrangement, with 10m spacing, and an approximate depth of 159m. The
total cost of borehole drilling and the U-tube heat exchanger is approximately 25 €/m in Sweden. Thus,
the total cost for the desired borehole heat exchanger is 47.700 €. Comparing with the annual energy
savings presented in Fig. 5 and the present energy prices in Sweden, it is found that this integration
solution has a payback time of less than three years.
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Annual Running Cost [k€]
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Figure 5: Separate (S2a) and integrated (S2b) systems annual running cost [k€]. (a) Electricity Price =
0.12 €/kWh, DH Price = 0.06 €/kWh and (b) Electricity Price = 0.10 €/kWh, DH Price = 0.08 €/kWh

5.3 S3-Hybrid Solution
The third research question compares stand-alone CO2 (S1a) and “hybrid CO2 + GSHP” (S3) systems.
As mentioned earlier, the entire supermarket heating demand is provided by heat recovery from the CO2
system in a stand-alone supermarket. However, the heat demand in the supermarket with the hybrid
solution is provided by the GSHP. The ground is the heat source for the GSHP in winter while the
refrigeration system runs at floating condensing mode (i.e. no heat recovery), the ground is also the
heat sink for the CO2 sub-cooler in summer. Performance comparisons of the two systems in terms of
AEU on a seasonal and annual basis are shown in Fig. 6. The hybrid system consumes about 8% less
electricity than the stand-alone CO2 system in summer, thanks to the geothermal sub-cooling. On the
other hand, the winter energy use of the stand-alone system is approximately 5% less than the hybrid
system. These seasonal energy use effects counterbalance, and the hybrid system is only 2% more
efficient than the stand-alone CO2 system annually. However, EED calculations show 24 boreholes of
160m deep are required for this case, which results in payback time of more than 7-8 years.
Energy use [kWh]

500
400
300
200
100
0

Summer
CO2 (S1a)

Winter

Annual

Hybrid CO2 + GSHP (S3)

Figure 6: Energy use of stand-alone CO2 (S1a) vs hybrid system (S3) solutions

CONCLUSIONS

The results show that heat recovery from a stand-alone CO2 SotA system, S1a, is more efficient than
providing part of the heating demand from the ground at medium or receiver pressure level, S1b. The
analysis of the second scenario, S2, indicates that annual running cost of a separate supermarket and
district heating consumer (S2a) can be decreased by 19-31% if the systems are coupled, geothermal
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storage is applied, and the supermarket provides heating for the consumer (S2b). The investigation of
the hybrid solution, S3, which couples a CO2 system, geothermal storage, and a separate GSHP, shows
that approximately 2% of the AEU can be saved compared to a stand-alone CO2 system.
In summary, geothermal storage integration into a CO2 supermarket refrigeration system does not have
a significant impact on energy use in the case of a stand-alone average size supermarket. For a
supermarket combined with a neighboring building/facility, geothermal storage integration can
contribute to significant running cost savings compared to separate systems running costs. The
application of a separate GSHP is also not recommended as heat recovery from the CO2 system is more
efficient than this system. The CO2 SotA is an efficient heat pump, with built in large heat source, i.e.
refrigeration load. This load is the primary heat source and if more heat is required the ground storage
can be used as the secondary heat source for the CO2 SotA as a heat pump.
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ABSTRACT
Air-cooled heat exchangers are a major research topic due to their significance in air-conditioning
and heat pump systems. Such heat exchangers, mainly fin-and-tube and minichannel types, use fins
to augment the air-side heat transfer area. Whereas, researchers found heat exchangers using small
diameter (< 2 mm) bare tubes can achieve two times higher airside heat transfer coefficient than
conventional ones with finned tubes. In this study, a novel finless air-cooled heat exchanger
consisting of two-level bifurcated bare tubes is proposed and optimized using approximation assisted
optimization methodology. Optimization objectives are minimization of total pumping power and heat
exchanger envelope volume. Optimization results show that this heat exchanger has 38% less
pumping power and 83% smaller volume compared with baseline heat exchanger (louvered fin minichannel) having same frontal area under same operating conditions. The key feature of current
design is the addition of bifurcation, which enhances both air- and water-side heat transfer by
boundary layer interruption and redevelopment. Although several manufacturing issues need to be
further addressed, this heat exchanger is a promising next generation heat exchanger design.
Keywords: Finless, bifurcated, heat exchanger, boundary layer.

1. INTRODUCTION
Significant effort is devoted to improving performance of air-to-refrigerant heat exchangers through
innovative and advanced geometries. Researchers have studied heat transfer enhancement for
decades. The traditional way to maximize the overall HX conductance (hA) is to increase surface
area by employing extended surfaces (for instance fins) to air-side to reduce air-side thermal
resistance, which is responsible for 75~90% of total thermal resistance. However, fin surfaces have
lower heat transfer coefficients than primary heat transfer surfaces (tube surface) due to the
boundary layer development. Moreover, additional fins inevitably result in more material
consumption and complicate the end-of-life disposal. Thus, conventional fin-and-tube heat
exchanger designs have intrinsic limitation of further improving heat transfer performance for given
certain amount of volume and material volume. Recently, a few researchers proposed and
investigated small diameter (< 2 mm) finless heat exchangers. Bacellar et al., (2016, 2017)
investigated bare tube heat exchangers and plain fin-and-tube heat exchangers with diameter of 2
~ 5 mm and developed heat transfer correlations based on CFD simulation results. Heat exchanger
prototypes have been optimized (Huang et al., 2016), manufactured (Shabtay et al., 2016) and
tested. Paitoonsurikarn et al. (2000) found that the bare tube heat exchanger can achieve a much
higher air-side heat transfer coefficient (300 W/m2K) within the air velocity range of 1 ~ 6 m/s by
reducing tube diameter to 0.3 ~ 0.5 mm. Thus, finless designs using bare tubes with hydraulic
diameter less than 1 mm can exceed the air-side heat transfer performance of conventional heat
exchangers. As inspired by fractal geometry in nature (Huang et al., 2017a). Huang et al. (2017b)
invented a bifurcated bare tube heat exchanger (bBTHX). Numerical air-side parametric study shows
bifurcated bare tube heat exchanger has 15% higher air-side heat transfer coefficient and 4%∼12%
lower air-side pressure drop than those of baseline bare tube heat exchanger with the same outer
diameter (0.8 mm), frontal area, volume, and air velocity (3.5∼5 m/s). The key feature is the addition
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of bifurcation that enhances air-side flow mixing. In this paper, the authors further optimized the heat
exchanger by using multi-scaled approximation assisted optimization methodology.

2. BIFURCATED HEAT EXCHANGER
This novel heat exchanger consists of two levels of tubes, the main tubes and the branch tubes.
Main tubes are all vertical tubes in Figure 1 of which outer diameters are symbolled as D1 while
branch tubes are symbolled as D2. Longitudinal tube pitch (Pl) is defined as the centre distance of
two adjacent main tubes. The transversal tube pitch (Pt) is then defined as the centre distance of
two adjacent layers, as shown in Figure 2. Bifurcation angle (θ) is the angle between brunching tube
and the centre line.
Both air- and water-side thermal and hydraulic performances are simulated using ANSYS®
WorkbenchTM 18.0. Figure 3 shows water-side simulation domain. Mesh element is tetrahedral and
the boundary layer mesh is refined at tube walls. Simulation used two-equation k-ε realizable (RKE)
model (Shih and Zhu, 1994) because it has improved performance for problems involving boundary
layers under strong adverse pressure gradients or separation, rotation, recirculation and strong
streamline curvature. Assumptions and boundary conditions include: constant and homogeneous
velocity distribution at inlet; constant pressure at outlet (0.0 Pa gauge); periodic boundaries at
longitudinal section; tubes as walls; tube wall temperature fixed at 350 K; water inlet temperature
fixed at 360 K. The Grid Convergence Index (GCI) method (Roache et al., 1993, ASME, 2009) was
used to evaluate the grid convergence. The numerical uncertainties of heat transfer coefficient and
pressure drop are 4.0% and 3.6% for finer mesh, and 4.9% and 5.6% for coarse mesh, respectively.
Thus, intermediate mesh was selected as the final mesh.

Figure 1: Bifurcated
tube structure

Figure 2 : BTHX staggered
pattern

Figure 3: Water-side computational
domain

Detailed air-side simulation and analysis could be found in Huang et al., 2017b. Airside CFD model
was validated against experimental data measured from a 3D printed sample, as shown in Figure 4.
Due to leakage issue, this sample was only tested to validate the air side pressure drop for now and
a new leak tight prototype is on the way to validate heat transfer. Experimental validation shows a
good agreement of less than 3% after applying a correction factor of 0.51, as shown in Figure 5. The
potential reasons for deviation include but are not limited to experimental uncertainties, model
uncertainties and manufacturing uncertainties.
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Figure 4: bBTHX sample
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Figure 5: Experimental validation for bBTHX air side
pressure drop
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3. BIFURCATED HEAT EXCHANGER
3.1.

Methodology

Multi-scale approximation assisted optimization is a methodology for innovative heat exchanger
design optimization. It enables efficient integration of the enhanced HX segment performance
prediction using CFD simulations with overall HX performance prediction using segmented ε-NTU
method, which provides significant computational savings. Detailed steps are presented in Huang,
2017. Main steps are: (1) parameterize the new geometry; (2) run parallel parameterized CFD (an
automatic approach to CFD simulations) for Design of Experiment (DoE) space; (3) generate metamodel for selected parameters, such as j and f factors (these meta-model functions as heat transfer
and pressure drop correlations); (4) solve heat exchanger performance using ε-NTU method; and
(5) optimize design using multi-objective optimization algorithm. The accuracy of meta-models was
evaluated using the Metamodel Acceptability Score (MAS) (Hamad, 2006). Table 1 summarizes the
specifications of air- and water-side models.
3.2.

Optimization Problem and Baseline Heat Exchanger

In current study, a single-phase air-to-water heat exchanger was optimized using the innovative
geometry. This new heat exchanger was optimized to deliver the same capacity (835W) for such
application. A louvered fin mini-channel heat exchanger (MCHX) was manufactured, as shown in
Figure 4. This MCHX is a single slab heat exchanger with 11 tubes and 2 ports per tube. The airside hydraulic diameter is 1.94 mm. Table 2 summarized other dimensions. This MCHX has been
tested under dry condition using air and water, and design condition used here is one of the testing
conditions. The MCHX’s experimental data has been compared to predictions using correlations
from literature. The maximum deviation for capacity and pressure drop are ± 6 and ± 10%
respectively. MCHX was chosen as the baseline heat exchanger mainly because it is more compact
compared with fin-and-round tube heat exchangers. The flat tube shape of MCHX makes it possible
to squeak in more fin area in between tubes which is an advantage over round tube heat exchanger.
Table 1. Summary of air- and water-side meta-models

Air-side

Input parameters
Output parameters
Meta-model Samples
Random points for
verification
Metamodel Acceptability
Score

Water-side

N r , D1 , Pl / D1 , Pt / D1 , LR , q ,
Va

D1 , Pl / D1 , LR , q , Vw

j, f
783

Nu, WDP
258

50

25

j
100% within
15%

f
100% within
15%

Nu
100% within
8%

WDP
98% within
10%

Figure 6: Baseline mini channel louvered fin heat exchanger
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The design problem here is described as below. Two objectives are minimization of total power and
heat exchanger volume. The constraints include (1) total heat exchanger capacity should be similar
or larger than baseline; (2) frontal area should be less than baseline; (3) total power is 30% less than
baseline; (4) total heat exchanger volume is 80% less than baseline; and (5) aspect ratio (AR) is
similar to baseline. The last three constraints are dismissed for the real calculation because these
will cause the calculation time to be much longer.

Optimization:
min𝑃𝑜𝑤𝑒𝑟
min𝑉+,
𝑠. 𝑡.
̇
̇
𝑄23456785 ≤ 𝑄 ≤ 1.1 ⋅ 𝑄̇23456785
𝐴=> ≤ 𝐴=>_23456785
3.3.

Results and discussion

Figure 7 shows the Pareto front points, which have 30% lower total power and 80% smaller volume
than those of baseline MCHX with smaller frontal area. Pareto front points without the last three
constraints are plotted on the graph as well. Along the Pareto front line (from left to right), the volume
increases while power decreases. The outer diameter of the tube increase is the main reason of
volume increase. Transverse pitch (Pt/OD) reaches the minimum limit (1.5). Pl/OD has a negative
relationship with LR: as Pl/OD increases, LR tends to decrease. This is because larger Pl/OD results
in lower air-side heat transfer coefficient, thus LR needs to be smaller to increase the heat transfer
coefficient, and vice versa.
Table 2 compares one selected optimal design with baseline MCHX. It shows bBTHX design has
higher air-side heat transfer coefficient, lower air-side pressure drop, higher water-side heat transfer
coefficient, lower water-side pressure drop, lower total pumping power, and smaller envelope volume
and material volume. The summary and reasons causing the differences in each parameter are:
• Higher air-side heat transfer coefficient: bBTHX has 134% higher air-side heat transfer
coefficient than baseline. Mechanisms of enhancing heat transfer include larger mass flux,
branch tube with smaller diameter and 3D flow caused by the addition of bifurcation (details
are in Huang et al., 2017b). Another reason is the air frontal velocity of bBTHX (2.2 m/s) is
slightly higher than that of MCHX (2.02 m/s).
• Lower air-side pressure drop: The addition of bifurcation causes flow bypass and lower flow
rate at bare tube region (details are in Huang et al., 2017b). However, the most important
reason for a lower pressure drop is the reduction in depth. bBTHX’s depth is 75% smaller
than that of MCHX. The ADP/Depth value of bBTHX is higher than MCHX.
• Higher water-side heat transfer coefficient: bBTHX has five times higher water-side heat
transfer coefficient than baseline. The reasons are smaller OD branch tube, boundary layer
redevelopment and flow separation at the bifurcation.
• Lower water-side pressure drop: Water-side pressure drop of bBTHX is 25% lower than
baseline. The reason is that it has smaller water flow path. Tube length of bBTHX is 11.24
mm while that of MCHX is 23 mm. bBTHX has larger WDP/Length value.
• Lower total pumping power: bBTHX has 38% lower total pumping power, which is mainly due
to the reduction on airside pressure drop.
• Smaller volume and material volume: bBTHX has about 83% smaller volume and 87%
smaller material volume than baseline.
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3.0
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30% ↓ power, 80% ↓ volume
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2.5
2.0
1.5
1.0
0.5
0.0
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200
300
3
Volume [cm ]

400

Figure 7: Pareto front
Table 2 Comparison of selected optimal design and baseline MCHX

Metric

m3/s
K
g/s
K
W
Pa
kPa

MCHX
(experimental data)
Aluminum
0.05
308.15
50
333.15
835
32.8
11.0

bBTHX
(simulation data)
Aluminum
0.05
308.15
50
333.15
845.9
18.8
8.3

1.3%
-42.7%
-24.5%

W/m2·K

158

370

134.2%

m2

0.5525

0.1639

-70.3%

W/m2·K

2007.4

13665

580.7%

m2

0.0735

0.13115

78.4%

W

2.2

1.36

-38.2%

cm3
cm3
m
m
m
m2
°

395
59.5
0.23
0.1175
0.016
0.0247
1
11
20
-

67.71
7.96
0.2022
0.1124
0.004
0.022744
4
200
1.8739
1.506
6.609
62.79

-82.9%
-86.6%
-12.1%
-4.3%
-75.0%
-7.9%

Unit

Material
Air flow rate
Air inlet temperature
Water flow rate
Water inlet temperature
Heat load
Air pressure drop
Water pressure drop
Air heat transfer
coefficient
Air-side heat transfer
area
Water heat transfer
coefficient
Water-side heat transfer
area
Total pumping power
(air+water)
Volume
Material volume
Length
Height
Depth
Airside frontal area
Number of banks
Tube per bank
Fin per inch (FPI)
Pl /OD
Pt /OD
LR
θ
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4. CONCLUSIONS
A novel heat exchanger consisting of two levels of bifurcated bare tubes was proposed, simulated
and optimized using approximation assisted optimization. The key feature is the addition of
bifurcation, which enhances air-side heat transfer by creating 3D flow and improves water-side heat
transfer by boundary layer interruption and redevelopment. Optimization results show that the novel
design achieves 38% reduction in pumping power, 83% reduction in heat exchanger envelope
volume and 87% reduction in material volume as compared to a baseline MCHX having the same
frontal area under same operating conditions. These performance metrics are based on simulation
and the next step of the research is to fabricate the prototype and experimentally validate the
performance of this novel heat exchanger. Potential manufacturing methods include additive
manufacturing, laser-sintering and industrial 3D printing should also be investigated in future.
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NOMENCLATURE
Afr
Afr_baseline
AR
ARbasline
D1
D2
L2
Nr
Pl
Pt

Q!

Q! baseline

frontal area (m2)
baseline heat exchanger frontal area
(–)
aspect ratio (–)
baseline heat exchanger aspect
ratio (–)
main tube diameter (mm)
branch tube diameter (mm)
branch tube length (mm)
row number (–)
longitudinal tube pitch (mm)
transversal tube pitch (mm)
heat exchanger capacity (W)
baseline heat exchanger capacity
(W)

VHX

heat exchanger volume (m3)

Va

air velocity (m×s-1)

Vw

water velocity (m×s-1)

f

Chilton and Colburn f factor (–)

j
OD
WDP
Nu
u
θ
v

Chilton and Colburn j factor (–)
outer diameter (mm)
water-side pressure drop (Pa)
Nusselt number (mm)
maximum velocity (m×s-1)
bifurcation angle (deg)
kinetic viscosity (m2×s-1)
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ABSTRACT
Aiming at reducing the excessive friction loss of conventional vane compressor between vane tip
and cylinder wall, this paper proposed a novel vane compressor. By using rolling bearing instead
of cylinder, the vane tip only contacted the bearing inner ring, and the inner ring rotated with vane.
Thus the sliding friction between vane tip and cylinder was converted into rolling friction of the
bearing, which could significantly reduce the mechanical power consumption. The structure and
characteristics of the novel vane compressor were introduced, then the mechanical power
consumption of the two kinds of compressors were theoretically calculated. The calculation
results indicated that, under the design condition, vane tip power consumption of the novel vane
compressor was reduced by 86.5% comparing with that of the conventional one. The
experimental results showed that total power consumption of the novel vane compressor was
reduced by 5.53% comparing with that of the conventional one.
Keywords: Friction, Performance, Structure, Vane Compressor.

1. INTRODUCTION
With the advantages of simple structure, easy processing, self-balance of rotor, low noise, less
vibration, little torque ripple, low cost of manufacturing, etc., vane compressor is widely used in
the fields of air compressor, vacuum pump, small refrigeration and air conditioning equipment,
and automotive air conditioning compressors.
The main disadvantage of conventional vane compressor (CVC) is that the mechanical friction
between vane tip and cylinder is serious. Wu and Ma (2003) discussed the optimal back pressure
of the vane and accordingly designed a segmented throttling back pressure chamber. Huang and
Chang (1993) and Huang (1995) pointed out that the frictional power of rotary vane compressor
can account for about 50% of the power required by the compressor. Ma and Li (2001), Fukuta
(1993) and Fukuta (1994) analyzed the back pressure acting on the tail of vane, indicated that
under the premise of ensuring the contact between the vane tip and the inner wall of cylinder,
reduced the contact force could decrease the friction loss and thus improve the performance of
compressor. Guo et al. (1998) set three back pressure states. By comparing those different
influences on motion state and characteristics of the vane, it is shown that constant back pressure
is more conducive to improve the motion characteristics, and then improve the performance of
compressor. The above studies have focused on how to reduce the power consumption of vane
tip. Therefore, the frictional power consumption and reliability between vane tip and cylinder are
the biggest bottlenecks limiting the application of the vane compressor in a wider field.
This paper proposes a novel high efficiency vane compressor (HEVC). The cylinder of CVC is
changed into a cylinder and two rolling bearing, with the vane tip contacting the inner ring of
bearing, and keeping a certain clearance with the inner wall of cylinder. The inner ring of bearing
rotates together with the vane under the action of friction, which reduces the relative speed of the
vane tip and the inner wall of cylinder. Therefore, the frictional power consumption of the vane tip
is reduced, and overcomes the defect of CVC to a certain extent, and then expanded its
application range.
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2. THE STRUCTURE AND CHARACTERISTICS
Fig. 1 shows the basic structure and the related friction pairs of CVC (The number ①~⑨ in Fig 1),
including the main bearing, the cylinder, the sub bearing, the shaft and the vane. The shaft is
supported and oriented by main bearing and sub bearing. The vane is pressed against the inner
wall of cylinder under the action of back pressure, and then rotates with the shaft.

(a) Longitudinal section
(b) Horizontal section
Figure 1: The structure of CVC

Fig. 2 shows the basic structure and the related friction pairs of HEVC (The number ①~⑨ in Fig
2). The difference is that the cylinder of CVC is divided into cylinder and rolling bearing structure.
Then the sliding friction between vane and cylinder is transformed into rolling friction, which
greatly reduces the friction power consumption.
The relative speed between the vane and cylinder inner wall is a key factor affecting the
characteristic of HEVC. When the compressor runs, the vane is pressed against the inner ring
wall of bearing by the high pressure oil from the back of vane. Because of the friction between the
vane tip and the inner wall of bearing, the bearing inner ring rotates with a certain angular velocity,
which reduces the relative speed between the vane tip and the inner ring of bearing.

(a) Longitudinal section
(b) Horizontal section
Figure 2: The structure of HEVC

Fig. 3 shows the assembly of vane tip with cylinder and rolling bearing. The cylinder and rolling
bearing are misaligned. So the vane tip contacts with the inner ring of bearing, then forms a
clearance δc with the inner wall of cylinder. The δc is the key control point for the design of HEVC.
If the δc is too small, the poor assembly or deformation may lead to the produce of friction
between the vane tip with the cylinder, and if the δc is too large, it will lead to the leakage of
refrigerant, then reduce the cooling capacity of compressor.
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Figure 3: The assembly of vane tip with cylinder and rolling bearing

3. THE CALCULATION MODEL OF FRICTION
The locations of friction pair are shown in Fig. 1 and Fig. 2. Table 1 lists the calculation models
and types of each friction pairs of HEVC.
NO.

Table 1. The calculation models and types of friction
The calculation model of friction
Location of friction
HEVC
CVC
 ( Rw 4  R 4 )n2

Friction type

/

Fluid

/

Other

W3  3 f N vt

Boundary

1

Inner Ring End

2

Rolling Bearing

3

Vane Tip and Inner
Ring(Cylinder) Wall

4

Shaft and Main Bearing

W4 

2r2 Rs3hs
Cs

Fluid

5

Shaft and Sub Bearing

W5 

2r2 Rx3 hx
Cx

Fluid

6

Rotor end and
Main Bearing End

r2 ( Rz2  Rs2 )( Rz2  Rs2 )
2Cg

Fluid

7

Rotor end and
Sub Bearing End

8

Vane end and
Bearing End

9

Vane and Vane Groove

W1 

Cn

W2 

M n
9550

W3  3 f N vt

W6 

W7 

2 1 r F ( Rz3  Rx 3 )
3( Rz 2  Rx 2 )
2 bLv 2
h
W8 
Cv

W9  2 f1vc  2 f 2vc

Boundary
Fluid
Boundary

Friction pairs 1 and 2 are new friction pairs of HEVC. The inner ring face do not contact with the
upper and lower thrust faces due to the limitation of the balls, and the clearance is filled with the
lubricating oil, so the calculation model is derived based on the Reynolds equation (Wen and
Huang, 2002), which is performed according to the fluid dynamic lubrication model. The
calculation of rolling bearing power consumption of friction pair 2 is relatively complex. By
referring to relevant data, this paper uses the calculation model from the SKF comprehensive
catalogue (Guo, 1994) with a higher calculation accuracy. During the operation of compressor,
the vane is tightly pressed against the inner ring wall of cylinder (bearing) under the action of the
high pressure from its back, and the force in the rotation process is variable, so it is difficult to form
the oil film. The friction pair 3 is calculated with the boundary friction. Friction pairs 4 and 5 are the
coordination of shaft with main bearing and sub bearing, which belongs to a typical fluid dynamic
lubrication model. The calculation model is also derived based on Reynolds equation. The
resultant force direction of shaft is downward with the upper thrust face of shaft being not contact
with the end face of main bearing, and there is lubricating oil in the clearance. Therefore, friction
pair 6 is derived and calculated according to the model of fluid lubrication. The lower thrust face of
shaft is subjected to the electromagnetic force of the motor and the gravity of roller, etc., and there
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is physical contact with the end face of sub bearing, so the friction pair 7 is calculated according to
the model of boundary friction theoretically. The two end faces of vane and the two sliding bearing
are not contacts during the operation of the compressor, and the clearance is filled with lubricating
oil. Therefore, the friction pair 8 is calculated according to the fluid lubrication.
In friction pair 9, the force on the vane and the vane groove is relatively complex, its size and
direction are time-varying. It is difficult to form a good oil film, which is a typical boundary friction
The mechanical power consumption of most friction pairs in the calculation models shown in
Table1 are determined by their structural dimensions. Table 2 lists the reference value of the
compressor related parameters. Table 3 shows the common operating conditions of air
conditioner.
It should be specially noted that F in Equation W7 is the force of the lower thrust face, which is
determined by the gravity of the rotor and the electromagnetic pulling force. f1 and f2 in Equation
W9 are the reaction forces between the vane and the vane groove, which are determined by the
gas force difference on both sides of vane and the length of vane extension. fN in Equation W3 is
the reaction force of the cylinder (bearing) inner wall to vane, which is determined by the
difference between the high pressure from vane tail and the gas force from vane tip. vt in Equation
W7 is the relative speed of the vane tip and the cylinder (bearing) inner wall, which is determined
by the linear velocity of vane tip and the actual rotation speed of bearing inner ring.
For the HEVC, the inner ring of bearing is affected by combined actions of friction force of the
vane tip to the inner ring, the viscous resistance of the lubricating oil acting on the inner ring end
face, and the frictional resistance of bearing rollers. The friction of vane tip is the impetus force,
and the other two forces are the obstructive force. Due to the linear speeds of the three vane tips
are not synchronized, when the compressor is running stably, the rotation speed of bearing inner
ring will fluctuate within a small range between the maximum linear velocity and the minimum
linear velocity of the vane tip. In this paper, the value is (vmax+vmin)/2.
Table 2. The relate parameters of compressor
The signification of symbol

Parameters The signification of symbol

Parameters

The radius of cylinder R

60

The central radius of shaft Rz (mm)

24.8

The high of cylinder H (mm)

44

The width of vane b (mm)

4

The outer radius of inner ring

70

The high of vane L (mm)

43.97

The radius of long shaft Rs

10.504

The high of main bearing hs (mm)

60

The radius of short shaft Rx

10.504

The high of sub bearing hx (mm)

32

The coefficient of friction μ1

0.1

The dynamic viscosity of oil η (MPa.s)

3.28×10-9

The coefficient of friction μ2

0.084

The coefficient of friction μ3

0.1

Table 3. Working conditions and related parameters
Working condition
Related parameter
Refrigerant
Condensation Temperature(°C)
Evaporation Temperature(°C)

R410A
47.1
10

Displacement V (cc)

42.8

Rotation Speed n (r/min)

1800

According to the above structural parameters and compressor operating conditions, the models in
Table 1 were calculated. And the specific results are listed in Table 4 and Fig. 4. The result
indicates that the power consumption of the vane tip and the vane side are larger than other ones
in CVC, accounting for 65% and 22% of the total power consumption, respectively. The vane tip
power consumption of the HEVC decreased 168.33W (86.5%) compared with that of the CVC,
and the total power of compressor decreased 138.52W (47.5%). This is a great improvement,
which greatly enhances the competitive advantage of the vane compressor.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2226

Table 4. The theoretical calculation values of power consumption of CVC and HEVC
NO.
W1
W2
W3
W4
W5
W6
W7
W8
W9
W

The numerical value of theoretical calculations /(W)
HEVC
CVC
11.41
/
13.93
/
25.68
189.56
11.85
6.50
4.41
14.24
1.77
63.27
153.08
291.6

Figure 4: The power consumption comparison of those two compressor

4. PROTOTYPE VERIFICATION EXPERIMENT
The performance of CVC and HEVC were verified experimentally with the same structural
parameters and working conditions to confirm the above conclusions.
Two kinds of vane compressors are designed according to the parameters in Table 2, and the
difference of them is that the HEVC replaces the cylinder of CVC with the rolling bearing and
cylinder. Fig. 5 indicates two schematic diagrams showing the structure of the cylinder and the
rolling bearing after dissecting the two prototypes.

(a) HEVC
(b) CVC
Figure 5: The schematic diagram of cylinder and rolling bearing after dissecting the two prototypes

After completing the production of the two prototypes, the performance tests of the two prototypes
were carried out under the operating conditions of air conditioning shown in Table 3. The test
results are as follows:
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Table 5. The measured data of CVC and HEVC and their difference
Type
Cooling Capacity /(W)
Power /(W)
COP /(W/W)
CVC
8204.7
2257.1
3.64
HEVC
8389.1
2132.3
3.93
Difference
184.4
-124.8
0.29
Ratio
2.25%
-5.53%
8.23%

Figure 6: The theoretical and measured power difference of CVC and HEVC

Because the premise of the calculation is that the friction pair operates with an ideal condition, but
in the actual test, the internal system of compressor is complicated, with the temperature,
pressure and refrigerant state affecting each other. For example, the heat generated by the
friction between the vane and the cylinder of CVC reduces the suction of the compressor, thereby
affects the actual compression work, resulting the fluctuations of power consumption, etc.)
Therefore, the theoretical calculation results and the actual test results have a tiny difference,
which is also the reason why the cooling capacity of HEVC is slightly higher than that of the CVC
in Table 5. However, the change trend is same, because the two compressors are compared
under the same premise.
In order to further verify the performance difference of the two compressors, the performance
tests under the same working conditions with the different frequencies and the same frequencies
with the different working conditions were carried out, respectively.
4.1.

Performance Tests of Compressors under Different Working Conditions

Compressor performance under four working conditions (1#, 2#, 3# and 4#) were tested, and the
working condition degree from 1# to 4# shows more and more heavy. The change trend of cooling
capacity, power consumption, and COP are shown in Fig. 7.
The tested results indicated that, the power consumption reduction of the HEVC is more obvious,
with the working conditions be heavier under 30 Hz operating conditions. The main reason is that
as the working condition is heavier, the pressure difference between tip and tail of vane increases,
so the force and mechanical power consumption between vane tip and inner wall of cylinder
increases. The greater the head power consumption, the greater the reduction.
However, the advantage of cooling capacity decreases with the increase of frequency, and the
COP increment reduces firstly and then stabilize, but it still has advantages compared with CVC.

(a) The comparison of Power

(b) The comparison of Cooling capacity
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Condensation

Evaporation

Temperature(°C)

Temperature(°C)

1

21

40

2

10

47.1

3

9

50

4

7.2

54.4

Condition

(c) The comparison of COP
(d) The conditions
Figure 7: The comparison of compressors performance at different conditions

4.2.

Performance Tests of Compressors at Different Frequencies

Under the same working conditions, the performance tests were performed at the frequencies of
20 Hz, 25 Hz, 30 Hz, 35 Hz, 40 Hz, 45 Hz, and the results are shown in Fig. 8. The tested results
indicated that, the power consumption advantages of the HEVC increases first and then
decreased compared with that of CVC under the same conditions. This is because that, with the
increase of operating frequency, the power consumption of the bearing inner ring increases,
although the power consumption of the vane tip is advantageous, so the entirety trend does not
always increase, and there is an optimum frequency point.
The advantages of cooling capacity and COP decrease with increasing frequency, but they still
have advantages compared with CVC.

(a) The comparison of Power

(b) The comparison of Cooling capacity
(c) The comparison of COP
Figure 8: The comparison of compressors performance at different frequencies

5. CONCLUSIONS
A HEVC is designed compared with the CVC, and the friction models are listed to calculate the
mechanical power consumption. In addition, the prototype verification experiments are carried out
to verify the calculated results. The main conclusions are drawn as follows.
In CVC, the mechanical power consumption of vane tip is large. Under the design condition, the
vane tip power consumption accounts for 65% of that of the pump body.
Comparing with the CVC, the vane tip power consumption of HEVC reduced by 86.5% and the
mechanical power consumption reduced by 47.5%.
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Under the design working conditions, the power consumption of the HEVC reduced by 5.53%
compared with that of the conventional one, and the COP increased by 8.23%.
Further experiments have been found that, at the same frequency, the heavier the working
conditions, the more obvious the advantages of the HEVC, and under the same working condition,
the advantages of the HEVC are less affected by the frequency.

NOMENCLATURE
η
Rw
R
Rs
Rx
Rz
hs
hx
fN
b
μ1
μ2
μ3

oil viscosity (MPa∙s)
outer radius of inner ring (mm)
inner radius of inner ring (mm)
radius of main bearing (mm)
radius of sub bearing (mm)
radius of rotor end (mm)
height of main bearing (mm)
height of sub bearing (mm)
support reaction of cylinder (N)
width of vane (mm)
friction coefficient
friction coefficient
friction coefficient

ωn
ωr
Cn
Cg
Cs
Cx
Cv
vt
vh
vc
L
F
f1
f2

angular speed of inner ring (rad∙s-1)
angular speed of shaft (rad∙s-1)
clearance of inner ring and bearing (mm)
clearance of rotor end and main bearing (mm)
clearance of shaft and main bearing (mm)
clearance of shaft and sub bearing (mm)
clearance of vane and bearing end (mm)
relative velocity of vane tip and cylinder wall (m∙s-1)
absolute velocity of vane tip (m∙s-1)
relative velocity of vane and vane groove (m∙s-1)
length of vane (mm)
weight of motor and shaft (N)
support reaction of vane groove (N)
support reaction of vane groove (N)
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ABSTRACT
Application of a two-phase ejector in a vapour compression refrigeration system is a promising way
to increase the system efﬁciency. Most of the investigations deal with the performance of the whole
compression-refrigeration system. In contrary the paper deals with two-phase ejector only. Low
GWP natural refrigerant R600a was used in the experiment. The velocity coefficients have been
determined. Velocity coefficients φ for nozzles in range 0.4 < φ <1.0 and φ < 0.4 for suction and
mixing chambers and diffuser were obtained. Basing on the experimental results correlations for
velocity coefficient for components of the ejector have been proposed. Two physical parameters:
quality of fluid, and the volumetric entrainment ratio, were selected as parameters describing
relation of the velocity coefficient. The numerical results based on the proposed correlations fits
with experimental data within 30%.
Keywords: two-phase, correlations, isobutane, ejector, velocity coefficients

1. INTRODUCTION
Application of an two-phase ejector in compression refrigeration systems is a promising way to
increase the system efﬁciency. Depending on system configuration the ejector can operate as a
second step-compressor or a throttling device (Bergander et al, 2010). In the first case ejector
operates at high temperatures especially at suction chambers since ejector entrains vapour from
compressor. The efficiency improvement results from the fact that less mechanical work is required
to compress a liquid than to compress a vapour. Therefore increasing the efficiency of the standard
single-stage vapour compression cycle is achieved by reduction of mechanical compression at the
expense of harnessing kinetic energy of a vapour in the ejector device. For the second case the
ejector operates at relatively low temperatures at suction chamber inlet since the ejector entrains
vapour from the evaporator. In both cases the ejector is fed by liquid from the compressor. This
configuration allows to reduce losses in the compression refrigeration and heat pump systems
caused by the throttling process in the expansion valve by means of application of the liquid
expansion instead of the isenthalpic throttling process.
Very simple theoretical model of the operation of the ejector in the system proposed in paper by Li
and Groll (2005) require assumed values of the efficiencies of the main parts of the ejector without
any specific consideration of the momentum transfer producing suction and compression effects.
Butrymowicz et al (2009) have shown the effect of the motive nozzle diameter on performance of
the two-phase ejector for the case of refrigerant R-123. The theoretical model for two-phase ejector
as an expansion device has been presented by Elbel and Hrnjak (2008). In this model governing
equations were formulated for all passages of the ejector based on the differential equations for
mass, momentum, and energy balance as well as a differential representation for the equation of
state. The model was completed by closing equations for mass, momentum and energy transfer
between the primary and secondary ﬂow. The model based on principles of Homogeneous
Equilibrium Model (HEM) was presented by Banasiak et al (2014). The results of the numerical
modelling of the two-phase ejector using CFD techniques were presented by Yazdani et al. (2012)
where the pressure proﬁle along the mixer and diffuser walls and the entrainment ratio were
compared with test data. Deviation between the numerical and experimental results is 10%. The
CFD techniques can be thought as a practical designing tool, however it requires integration of
separate sub-models for e.g. two-phase sonic velocity with CFD code through user-deﬁned
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functions. The experimental works of the two-phase ejector for R-12 as a working fluid were carried
out and presented by Disawas and Wongwises (2004). The experimental results of improvement of
COP of the split air-conditioning system due to application of the two-phase ejector as a throttling
device instead capillary tube have been presented by Sumeru et al. (2014). Mentioned above
investigations in most cases deal with the performance of the whole compression-refrigeration
system. There is a strong need for the further investigation in order to better understand the
physical phenomena and the operation of the ejector, especially for other fluids than CO 2. All
presented model for two-phase ejector require assumption for the efficiency of the ejectors
components, i.e. motive nozzle, suction and mixing chambers and diffuser. In this paper the model
of the two-phase ejector have been shown along with correlations for velocity coefficients for the
components of the ejector. The correlations have been developed based on the experimental
investigation of compression-ejection cycle operating with isobutane.

2. DESCRIPTION OF THE CYCLE WITH TWO-PHASE EJECTOR
The schematic diagram of vapour compression refrigeration device equipped with the two-phase
ejector as a throttling device with the representation of the thermodynamic cycle in simple form is
shown on Fig. 1.

Figure 1. Schematic diagram of ejection-compression refrigeration device: a) operating as throttling device and
b) operating as second-step compressor

In the system presented in Fig. 1a liquid refrigerant (3) as the motive fluid expands in the motive
nozzle and partly evaporate. In isentropic nozzle the expansion takes place along isentropic line 34s (see Fig. 1), while with the throttling valve expansion is represented by line 3-4d. In real motive
nozzle expansion is represented by line 3-4. Motive fluid of high velocity emanating from the nozzle
(4) causes suction of vapour from the evaporator (5) and compression in the mixing chamber (6)
due to the momentum transfer. The additional compression of two-phase mixture takes place in the
diffuser producing the inter-stage pressure in the system (7). Compressed two-phase mixture is
separated in the separator, so the compressor sucks the vapour (1) while the liquid (8) flows to the
evaporator through the throttling valve. In the system presented in Fig. 1b liquid refrigerant (7) is
compressed by mechanical pump in order to produce high motive pressure (3). The suction
chamber is connected with mechanical compressor (2). The compressor operates between the
evaporation pressure and the interstage pressure, while the ejector operate between the interstage
pressure and the condensation pressure.

3. EXPERIMENTAL TEST BENCH
The test facilities were designed and built for the investigations of the ejection refrigeration system
operating with natural working fluids. In this case isobutane was used as a refrigerant The
schematic of the experimental stand equipped with the ejector is shown in Fig. 2, and the
schematic of tested two-phase ejector is presented in Fig. 3. The ejector shown in Fig.3 was
equipped with several types of nozzle geometries during experiments. Detail information about
tested nozzles is given in Table 1.
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Figure 2. Schematic of the testing stand:
1 – tested two-phase ejector; 2 – evaporator; 3 – preheater/vapour generator; 4 – condenser;
5, 6, 7 – mass flow meters; 8,13 – electric heaters, 9,10,11,12 - circulation pumps; 14 –dry cooler

Figure 3. Schematic diagram of the tested two-phase ejector
Table 1. Diameters of the tested nozzles for two-phase ejector

nozzle

type

1

de Laval
de Laval with an orifice plate at the nozzle
inlet
de Laval
de Laval
de Laval with 13mm of cylindrical throat
(shown in Fig. 3)
de Laval with 13mm of cylindrical throat and
an orifice plate at the nozzle inlet
sharp edged
sharp edged

2
3
4
5
6
7
8

throat diameter outlet diameter
Dn [mm]
Dno[mm]
1.0
2.4
1.0

2.4

1.0
1.4

3.1
4.1

1.5

2.7

1.5

2.7

1.0
1.5

1.0
1.5

In the system presented in Fig. 1 the motive nozzle is feed by liquid with pressure pli equal the
condensation pressure. Pressure in suction chamber pvi is equal to evaporation pressure.
Depending on the thermodynamics properties of the fluid the pressure ratio pvi/pli can be lower than
gas dynamic critical pressure ratio. In that case, using of the supercritical de Laval nozzle is wellfounded. It is worth to note that in two-phase ejector the metastable flow can be observed. In this
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case, the disturbing of the flow or initiation of the flashing vaporisation by means of orifice plate
located at the nozzle inlet can be thought as a good practice. In presented experimental
investigation the orifice plate of 1.0 mm and 1.5 mm were used along with de Laval nozzle, see
Table 1.
In the ejection loop the liquid refrigerant flows through the reciprocal pump 9. The flow of
refrigerant is splited; one part flows through the expansion valve to the evaporator while the other
part flows to the heat exchanger 3. Compressed liquid is heated up to saturation condition. The
motive nozzle of the ejector was feed by saturated liquid. The temperature of the motive liquid was
in range between tli = 40 ÷ 80 °C . During experiments the mass flow rate of the motive liquid was
in range mli = 50 ÷ 110 kg/h. This range of temperatures of the primary and secondary stream can
be thought as appropriate for operation of the ejector as a throttling device as well as second step
compressor. Temperature of evaporation was set in range 15 ÷ 35 °C. Temperature of
condensation not exceed 40 °C during experiments. The testing rig was equipped with the
temperature sensors and pressure transducers installed at the critical locations and other locations
of interest. The pressure transducers accuracy of 0.25% the measuring range are used during the
experiments. First-class K-type thermocouples were applied for the experiments. The
thermocouples were calibrated with total accuracy of ±0.2 K. The Coriolis mass flow meters of the
accuracy of 0.15% the measuring range were used. Sight-glasses were installed at various
locations to observe the flow. The plat plate heat exchanger were used. The diaphragm pump in
ejector refrigeration cycle was used.
The test rig was equipped with two additional loops: the first one for the thermal load for the
evaporator and the second one for the condenser cooling. Centrifugal pumps were applied in the
additional loops. These systems allow for adjusting of the refrigerant flow rates as well as for
changing of the operation parameters in a wide range. The condenser cooling system was
equipped with the automatically controlled dry cooler. The thermal load system was equipped with
the automatically controlled electrical heater. The data acquisition system logs all main parameters
and controls valves, pumps, electric heaters and safety system. During the experiments 100
readings at the steady-state conditions were taken and averaged to make one experimental run.

4. CORRELATION FOR VELOCITY COEFFICIENTS BASED ON EXPERIMENTAL
INVESTIGATIONS
In most of the modelling approaches available in literature, the efficiencies of the ejector
components are assumed as constant quantities. Although the dependence of the efficiency of the
ejector components from the quality of its surface is undisputed, the efficiency still should depend
on the flow structure, operating conditions, etc. Therefore, these quantities should not be treated
as constant. Below, the correlation for the velocity coefficients of ejector components are proposed
on the basis of own experimental data. The efficiency of the specific component of the ejector can
be found from general relation η = φ 2.
4.1.

Two-phase motive nozzle

Velocity coefficient is defined as a ratio of velocity at the nozzle outlet wn to the velocity at the
nozzle outlet in isentropic condition wns:
w
n = n = n .
Eq. (1)
wns
Estimation of the velocity coefficient for nozzles operating in two-phase region may not be treated
as a standard issue since the outlet fluid parameters are not known, especially the quality of the
wet vapour x. Below, there is presented own approach in terms of estimation of the velocity
coefficient for nozzle operating in two-phase region. For the given inlet parameters and outlet
pressure the isentropic velocity is given by:

wns = 2 ( hli − hns ) ,

Eq. (2)

where hns is specific enthalpy of the fluid at isentropic nozzle outlet. Kinetic energy of the fluid at
nozzle inlet was neglected. The theoretical mass flow rate is compared with measured mass flow
rate given by:
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mli = Ano n wn ,

Eq. (3)

where Ano is area of the nozzle outlet. Ratio of the mass velocities:

n =
Using eq. (1) velocity coefficient can be written as

 w
G
= n n .
Gs  ns wns

n =  n
where density of the wet vapour is given by:

Eq. (4)

 ns
,
n

Eq. (5)

−1

 n = v ( pn ) + xn h fg ( pn )  .

Eq. (6)

In equation (6) the quality xn is unknown parameter. However, the velocity coefficient can be
written in form
hli − hn
,
hli − hns

Eq. (7)

hn = h ( pn ) + xn h fg ( pn ) .

Eq. (8)

nh =
where enthalpy of wet vapour can be found as:

The quality of the wet vapour at the nozzle exit can be found with numerical solution of equation

n ( xn ) = nh ( xn ) .

Eq. (9)

On the basis of the experimental results of the nozzles presented in Table 1 the relation between
velocity coefficient φn and quality of the fluid at the nozzle outlet xn can be found. This relation is
presented in Fig. 5a.

Figure 5. Velocity coefficient for motive nozzle vs. quality at the nozzle outlet (a); Calculated velocity coefficient
vs. experimental velocity coefficient (b)

The experiments show that velocity coefficient for tested nozzle covers the range 0.3< φ n < 1.0 in
full range of quality. However, most of the experimental results shows that the quality of the fluid at
the nozzle outlet was lower than 0.50. The proposed correlation for velocity coefficient has a form:

 n = Cno + Cn1 xns C .
n2

Eq. (10)

Systematic experimental results of investigation of the nozzles with various geometry (Table 1)
were used to determination of constants Cn0 = 0.4286, Cn1 = 0.04177 and Cn2 = -1.0085. As it can
be seen in Fig. 5b. numerical results obtain from correlation given by eq. (10) in most cases fits to
experimental data. The discrepancy is ±30% and it result from the different operation of the
nozzles due to application of the orifice plate.
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4.2.

Suction chamber

Velocity coefficient for suction chamber was numerically calculated for experimental data according
to eq. (11) and eq. (12). Experimental data demonstrate that the velocity coefficient is correlated
with volumetric entrainment ratio and distance between motive nozzle outlet and mixing chamber
inlet, which is shown in Fig. 6
mvi
=  s 2 ( hvi − hvs ) .
Eq. (11)
Avi  v
According to Fig.6a. relation between the velocity coefficient φs for suction chamber and volumetric
entrainment ratio χ is linear. Therefore, the correlation in final form of correlation for velocity
coefficient was obtain

s = ( 0.06907 − 0.05149  )  .

Eq. (12)

where Λ = Lno/Dm and Lno is distance between nozzle outlet and mixing chamber inlet.
The results presented in Fig. 6a shows that the velocity coefficient for suction chamber is relatively
small and not exceed φs = 0.35, which indicates low efficiency of the suction chamber. Velocity
coefficient increases proportionally to the entrainment ratio. The volumetric entrainment ratio χ
varies between 0 and 8.0. The relation of the velocity coefficient of the geometry module φ s = f(Λ)
is inversely proportional, e.g. for the highest tested module Λ = 0.750 velocity coefficient varies
between 0.10 – 0.13 for χ = 4.0 and for lowest tested module Λ = 0.417 velocity coefficient
exceeds highest values and varies between 0.17 – 0.25 for the same value of volumetric
entrainment ratio χ = 4.0.

Figure 6. Velocity coefficient for suction chamber vs. volumetric entrainment ratio: A) Λ = 0.417; B) Λ = 0.583;
C) Λ = 0.750 (a); Calculated velocity coefficient vs. experimental velocity coefficient (b).

Comparison of calculated velocity coefficient (eq. 12) with experimental velocity coefficient is
shown in Fig. 6b. It can be seen that calculated velocity coefficient for suction chamber well agree
with experimental results. Excluding individual cases, the discrepancy of the results is less than
30% for proposed correlation.
4.3.

Mixing chamber

In presented investigations the location of the shock wave was not the object of our interest, also
the shock wave was not identified. In that case, it was assumed that the mixing process is isobaric.
Experimental data demonstrate that the velocity coefficient is correlated with volumetric
entrainment ratio χ and module Ψ, which is shown in Fig 7. The correlation for mixing chamber
velocity coefficient in the presented form was proposed:

m = ( 0.03747 + 0.08462  )  .

Eq. (13)

Comparison of calculated velocity coefficient (eq. 13) with experimental velocity coefficient is
shown in Fig. 7b. It can be seen that calculated velocity coefficient for mixing chamber well agree
with experimental results. Again, excluding individual cases, the discrepancy of the results is less
than 30% for proposed correlation
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Figure 7. Velocity coefficient for mixing chamber vs. volumetric entrainment ratio: A) Ψ = 0.0278; B) Ψ =
0.0625; C) Ψ = 0.111, (a); Calculated velocity coefficient for mixing chamber vs. experimental velocity coefficient
(b).

4.4.

Diffuser

Taking the diffuser into consideration it is worth to note that the diffuser in two-phase ejector do not
play the major role since the effect of compression is obtain due to shock wave in most cases.
Again, taking into consideration geometrical module Ψ and operation parameters, i.e. volumetric
entrainment ratio χ of the two-phase ejector the relation between those parameters and velocity
coefficient for diffuser φdk is shown in Fig 8.
Keeping in mind the randomness of the operation of the diffuser, the results with largest
discrepancy have been omitted. Therefore, the correlation for velocity coefficient in linear form has
been proposed:

d = ( 0.075 + 0.108  )  .

Eq. (14)

Figure 8. Velocity coefficient for diffuser vs. volumetric entrainment ratio: A) Ψ = 0.0278; B) Ψ = 0.0625; C) Ψ =
0.111, (a); Calculated velocity coefficient for diffuser vs. experimental velocity coefficient (b)

The experiment shows that for tested ejector with geometry described by module Ψ the velocity
coefficient for diffuser are in general lower than φd < 0.40. Proportional relation between velocity
coefficient and entrainment ratio can be observed. Despite the large discrepancy of the results it
can be seen that for ejector with module Ψ = 0.0625 the efficiency of the diffuser is slightly better
than with module Ψ = 0.0278. The lowest efficiency of diffuser is observed for the ejector with
geometrical module Ψ = 0.111. For this case the velocity coefficient is lower than 10%, φd < 0.10.
Comparison of calculated velocity coefficient (eq. 14) with experimental velocity coefficient was
shown in Fig. 8b. It can be seen that the adjustment of calculated velocity coefficient and the
experimental value can be considered as relatively good, however diffuser is the ejector’s part with
smallest efficiency, and the pressure increase in the diffuser is in many cases minor.
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5. CONCLUSIONS
The presents the correlation for velocity coefficients of motive nozzle, suction and mixing chambers
and diffuser of two phase liquid-vapour ejector. The correlations were developed on the basis of
own experimental results of the ejector with various geometry, described by geometrical modules Λ
and Ψ performed for isobutane as a working fluid. The quality of fluid x for the case of motive
nozzle and the volumetric entrainment ratio χ for other ejectors components were chosen as a
parameters describing relation of the velocity coefficient. For the components of the ejector the
velocity coefficient lower than 0.4 were obtain for tested ejector and operation conditions. Except
motive nozzle linear proportional relation between velocity coefficient and entrainment ratio have
been found. The numerical results based on the proposed correlations fits with experimental data
within 30%.
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ABSTRACT
Ejection refrigeration cycles are driven by thermal energy. Application of low-grade heat as a
motive source, e.g. district heating system requires sufficient mass flow rate of the heating water or
large change of temperature of the water in order to provide required heat flux. The latter is more
economically advantageous. In some cases, however, either requirements cannot be fulfilled. One
of the reasons is isothermal evaporation of refrigerant in vapour generator. Because of this the
refrigerant with temperature glide is highly recommended. The paper deals with thermodynamic
analysis of low GWP refrigerant mixtures applied for ejection cycle. The results show that
depending on the type and proportion of mixed refrigerants the temperature of the heating medium
change from 5 to 25 K and more. As an effect the COP of the system vary between 5 to 25%.
Keywords: refrigerants, mixture, ejection cycle, temperature change, COP.

1. INTRODUCTION
Growing world energy consumption and environmental concerns increased interest in utilising
alternative sources, like low and medium temperature heat sources. Another concern is low
efficiency of combined heat and power (CHP) plants in warm months, when demand for heat is
low.
Organic Rankine Cycle (ORC) technology is a popular solution. There are many commercial
solutions available, but most of them are large plants, suitable for use with high temperature
sources (200 - 300°C). This is economically justified, as smaller installations working with lower
temperatures are less efficient. Another way of using low grade energy sources are ejector
refrigeration cycles. They achieve lower COP than ammonia absorption chillers, but can work with
lower motive temperatures, as low as 50 - 70°C. This makes possible to pair ejector cycles with
district heating systems, thus increasing efficiency of the CHP plant in the summer and generating
cooling power. Coupling a steam generator of an ejector refrigerator to cogeneration plant’s turbine
outlet would allow to achieve higher COP (Coefficient of Performance) due to higher motive
temperature, as steam leaving the turbine in a CHP plant is usually about 100 °C.
Gagan et al., (2018) proved that it is possible to run ejector cycles with such low source
temperatures. They investigated the performance of an ejector cycle with ecological HFO R1234ze(Z) refrigerant. The system achieved COP=0.25 for evaporation temperature 0°C and
COP=0.4 for 6 °C. The motive temperature was kept below 65°C.
Research on both heat and refrigeration cycles working with zeotropic blends were carried out.
Kang et al. (2015) investigated the performance of zeotropic mixtures of HFC/HC and HFO/HC in
ORC working with low-to-medium temperature heat source. The performance of R-245fa and R600a (0.9/0.1) mixture was found to be the best.
Hakkaki-Fard et al. (2014) have developed a numerical model of an air-source heat pump to check
how heat pumps work with zeotropic blends of several environmentally friendly refrigerants (CO2,
propane, R-32) and R-125.
Yang and Zhao (2015) and Yang et al. (2015) looked at utilising zeotropic fluids in combined power
and ejector cycle. Such systems are created by adding an expander between the steam generator
and the ejector in a standard ejector refrigeration cycle.
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Connecting the ejector cycles working e.g. as coolers in air conditioning systems to the heating
network at substations is more practical, as the device would be closer to cooling power receivers
and cold medium transmission over long distances would be unnecessary. This solution has a
major drawback which is low temperature of water in the network, oscillating around 60 – 65 °C.
Another problem arising in this configuration is low COP of the ejector refrigeration cycle,
additionally reduced when it’s working with low motive temperatures.
The largest obstacle in utilising this technology is a high drop in water temperature at the heat
consumer’s side required by heating networks, up to 30 °C, that would have to be achieved in
ejector cycle steam generator. This requirement can be met by critical cycles, subcritical or cycles
with zeotropic refrigerant. Devices with azeotropic fluids can’t cool the heating water down enough
due to isothermal phase change in the steam generator and require a higher flow rate of motive
water, thus increasing operating and investment costs. There is a lack of research on ejector
refrigeration cycles operating with high temperature glide working fluids employed to increase the
match between the heat source and the cycle. This paper presents the results of theoretical
analysis of an ejector cycle working with a high temperature glide blends of environmentally
friendly, safe refrigerants.

2. SELECTION OF WORKING FLUIDS
Because of climate changes and legislation, the proposed system cannot contain any ozone
depleting or high-GWP fluids. Additionally, Regulation of the European Parliament and the EU
Council No. 517/2014, enacted on April 16th, 2014 forbids the use of commercial and domestic air
conditioning units with more than 3 kg of refrigerant with GWP higher than 150 in EU countries.
Hydrocarbons meet the environmental criteria and have been widely used in refrigerators and AC
units for years. Extreme flammability of hydrocarbons is not a concern in small devices that contain
several dozen grams of refrigerant. However, in case of large systems, comprising significant
quantities of fluid, compliance with regulations and standards regarding operation in an explosive
environment is required. Therefore, authors of this paper decided to only consider non-flammable
or mildly flammable, low-toxicity fluids (ASHRAE A1 and A2L class).
2.1.

Requirements

Suitable refrigerant should:
• have low critical parameters to avoid high pressures in the system and maximise the
temperature drop of motive water in the steam generator due to operation of the steam
generator in close proximity to the critical point and low heat of evaporation,
• provide as high COP as possible,
• have a positive or infinite saturated vapour slope (dry and isentropic fluids) in order to avoid
additional losses in the ejector,
• be relatively inexpensive and easily available,
• have GWP lower than 150 in order to comply with strict EU regulations regarding substances
with higher global warming potential,
• be safe, i.e. non-flammable and non-toxic.
Meeting all the criteria at the same time drastically narrows down the list of potentially suitable
fluids. A lot of substances comply with some, or even most of the requirements, but don’t provide a
high enough drop in water temperature in steam generator (20°C - 30°C) or yield COP too low to
consider them as economically feasible solution. Substances appropriate for critical cycle with heat
source temperature as low as 60°C that would meet all the criteria were not found, and authors
believe that the easiest solution to this problem is using a zeotropic refrigerant mixture instead of a
pure fluid.
Non-isothermic phase change is usually undesirable, so commercially available zeotropic blends,
e.g. R-410A have a low or even negligible temperature glide (several K). In the designed system
the glide as high as 10 – 15 K is necessary, therefore a new mixture had to be developed.
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2.2.

Properties of selected refrigerants

Six different fluids were chosen: R-454c, R-455a, R-1234yf, R-1234ze(E), R-1234ze(Z) and Novec
649. Table 1 presents their properties. Many refrigerants were rejected just because of their high
environmental impact even if they were thermodynamically suitable for proposed ejector cycle, e.g.
R-125.
Table 1. Selected properties of analysed fluids

Fluid name

R-454c

R-455a

Group

HFO

HFO

HFO

HFO

HFO

N/A

GWP

148

146

<1

<1

<1

1

ODP

0

0

0

0

0

Replacement
for

R-22
R-404A

R-404A
R-507

R-134a

R-134a

R-134a

ASHRAE
class

0
SF6
R-134a
R-245fa

A2L

A2L

A2L

A2L

A2L

N/A

109.4 °C

150.1 °C

168.7 °C

3.67 MPa

3.53 MPa

1,87 MPa

R-1234yf R-1234ze(E) R-1234ze(Z) Novec 649

Critical temp. 82.4 °C
85.6 °C
94.7 °C
Critical
3.88 MPa 4.66 MPa 3.38 MPa
pressure

Five binary blends listed in Table 2. were selected for analysis, based on their thermodynamic
properties and performance in ejector cycle working in set conditions. They were compared with R454c, R-455a and pure R-1234ze(E). Properties of fluids were obtained in REFPROP 9.1.
Table 2. Analysed blends

Blend

Novec 649
/R-1234ze(E)

Novec 649
/R-1234ze(Z)

Novec 649
/R-1234ze(Z)

Novec 649
/R-1234yf

Composition

0.1/0.9

0.5/0.5

0.1/0.9

0.9/0.1

Critical temp.

115.3

159.4

152

161.2

Critical
pressure

3.42

2.41

3.22

1.99

3. MATHEMATICAL MODEL OF THE CYCLE
The most important parameters of the proposed cycle, i.e. evaporation, condensation and motive
steam temperature of the ejector are determined by application and temperature of the heat
source. In this case, motive steam is generated by water from district heating system, condenser is
air-cooled, and evaporator outlet temperature is set to 0°C so the system could be used for lowtemperature air conditioning. As this is a theoretical study and geometry of the ejector were not
taken into account, some simplifying assumptions were made, although their influence on the
results is negligible. Pressure-enthalpy diagram of the cycle is presented in Figure 1. Assumed
parameters are listed below:
•
district heating water temperature: 65 °C,
•
steam generator pinch point temperature: 5 °C,
•
motive steam temperature: 60 °C,
•
condenser outlet temperature: 30 °C,
•
subcooling: 0 K,
•
condenser inlet temperature: 35 °C,
•
evaporator outlet temperature: 0 °C,
•
superheating: 0 K,
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•
•
•

steam generator thermal power: 100 kW,
isentropic expansion and compression in the ejector,
ejector efficiency: 0.7.

Figure 1: Diagram of the analysed cycle

State parameters in each point of the cycle were determined by using assumed values listed above
and fluid properties obtained in REFPROP 9.1. Motive flow inlet temperature t1 was held constant
at 60°C and saturated vapour temperature in the steam generator varied from 50°C to 59°C,
meaning that superheating value was between 1°C and 9°C. A fragment of calculations are shown
below.

t1 = twi − t pp = 60C

Eq. (1)

p1 = f (t gs , x = 1)

Eq. (2)

s1 = f (t1 , p1 )

Eq. (3)

h1 = f (t1 , p1 )

Eq. (4)

s1 = s2 = s4

Eq. (5)

t5 = 30C

Eq. (6)

p5 = f (t5 , x = 0)

Eq. (7)

h8 = h5

Eq. (8)

Entrainment ratio formula is shown in Eq. (9).

 h −h

U = k  1 2 − 1
 h4 − h2


Eq. (9)

Compression ratio is defined by Eq. (10). It was assumed that in case of zeotropic mixtures
pressure in every heat exchanger (steam generator, condenser, evaporator) is the arithmetic mean
of pressures at the inlet and the outlet of the exchanger, calculated by using fluid properties and
parameters of state calculated earlier, as shown in Eq. (1) – (8)

pc − pe
g − pe

= p

Eq. (10)

Coefficient of performance (Eq. (11)) was calculated by using specific evaporator and steam
generator output. Power consumption of the liquid pump was not considered as negligible.

COP = U

qe
qg
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4. RESULTS AND DISCUSSION
Entrainment ratio, coefficient of performance, pressure ratio, cooling capacity and drop in motive
water temperature in the steam generator were determined. The type of the working fluid and
saturated vapour temperature in the steam generator (steam superheating value) are the variables.
Condensation and evaporation temperatures are fairly strictly determined by the application of the
proposed ejector cycle and were not changed.
Entrainment ratio of zeotropic mixtures rises with increase of vapour saturation temperature in the
steam generator and decreases in case of pure R-1234ze(E). It is lower for fluids with temperature
glide than for azeotropes. Only one zeotropic blend (Novec 649/R-1234ze(Z), 0.5/0.5) achieves
higher entrainment than pure substance at low superheating values. Zeotropic mixtures have a
much more inclined isentropes in superheated vapour area (Figure 1., points 1, 2, 3, 4) than
azeotropic R-1234ze(E). This is the cause of increase of U for mixtures and decrease for pure fluid
with increase in saturated vapour temperature in the steam generator. Because of this property
enthalpy at the beginning and the end of vapour compression (Figure 1., point 2 and 4) is changed
more with altering of vapour saturation temperature in the generator in case of pure fluid, hence
the trends visible in the Figure 1. COP and cooling capacity are also influenced by this property, as
they are calculated by using entrainment ratio.
Compression ratio highly depends on fluid properties. It varies from about 0.3, typical for standard
single phase ejectors to up to 0.5. Trends are inverse to ones for entrainment ratio.

Figure 2: Entrainment ratio

Figure 3: Compression ratio
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Trends for COP (Figure 3) are the same as for entrainment ratio. For zeotropic mixtures values are
fairly low, ranging from 0.05 to 0.15, and are lower than for pure fluids. COP doesn’t change much
with increase of vapour saturation temperature in the steam generator. At low superheating values
he best mixtures have COP almost as high as pure R-1234 ze(E). Refrigeration capacity (Figure 5)
can be easily calculated out of heat source capacity (100 kW) and COP. In case of zeotropic fluids
it rises with increase in vapour saturation temperature in the generator.

Figure 4: Coefficient of performance
Figure 5: Cooling capacity

Drop in motive water temperature is determined by temperature glide of refrigerant and its enthalpy
of vaporization at steam generation pressure. Most heat is transferred to the working fluid during
vaporisation, so unless the refrigerant is zeotropic, has very low enthalpy of vaporisation or the
cycle is subcritical, motive fluid cannot be cooled down significantly and it is not used efficiently. In
case of district heating, water returning to the system has to be cooled down by 20 – 30°C, hence
the need of using zeotropic fluids.
Blend of Novec 649 and R-1234yf (0.1/0.9) provides the highest drop in motive water temperature
due to high temperature glide. This mixture also yields very low COP (0.067 – 0.084) and high
compression ratio (0.41 – 0.46). The best balance of efficiency and motive water temperature drop
was achieved by a blend of Novec 649 and R-1234ze(Z) (0.1/0.9). At vapour saturation
temperature in the steam generator of 50°C motive water is cooled down by 21.07°C and COP is
0.14.
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Figure 6: Decrease of motive water temperature in the steam generator

5. CONCLUSIONS
Ejector refrigeration system with zeotropic fluids for low-temperature air conditioning was
theoretically analysed. Following conclusions can be drawn:
1. Regulation of the European Parliament and the EU Council No. 517/2014 was the basis for
the selection of working fluids for investigation.
2. The use of zeotropic blends decreases coefficient of performance of an ejector refrigeration
cycle in comparison to pure fluids. The lower vapour saturation temperature in the steam
generator (i.e. higher superheating of the steam), the higher the drop in COP.
3. Compression ratio varies significantly for different blends and can range from about 0.3 to
0.5.
4. Ejector refrigeration cycles with zeotropic mixtures can significantly reduce the temperature
of the motive fluid, thus using the heat source more efficiently than cycles with pure working
fluid.
5. Analysis shows that Novec 649 and R-1234ze(Z) (0.1/0.9) blend can achieve the cooling
capacity of 14 kW with low temperature motive heat source capacity of 100 kW while
reducing the temperature of motive water by approx. 21°C.
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NOMENCLATURE
COP
h
k
p
q

coefficient of performance (-)
enthalpy (kJ/kg)
ejector efficiency factor
pressure (MPa)
specific heat (kJ/kg)

s
V
t
U
Π

entrophy (kJ/kg×K)
molar volume (m3×mol-1)
temperature (Celsius)
rntrainment ratio (-)
compression ratio (-)
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Subscripts:
characteristic points of the ejector
1-8
gs
cycle
c
condenser
pp
e
evaporator
wi
g
vapour generator

steam generator, saturation
pinch point
motive source water inlet
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ABSTRACT
Energy required to drive a mechanical pump in thermally driven systems in most of the cases is a
few percent of the overall energy balance of the system and in most cases is of the order of
magnitude 1%. The most important problem is a special difficulty to select of a commercially
available liquid pump for the thermal driven cycle. Mechanical liquid pump liquid is the only
element of the refrigeration system that consume electric power. It is desirable that the whole
system would be fully thermal driven one, without consumption of electric power to drive. Twophase vapour-liquid ejectors may be thought as required alternative. They are using vapour that is
generated already in the system; operates as pre-heater of liquid phase supplied to the vapour
generator that additionally improve the system efficiency; and have no moving parts. Paper deals
with thermodynamic analysis of operation of the system with two-phase vapour-liquid injector as a
liquid pump in refrigeration systems. New perspective fluids were selected and tested as potential
working fluids in the discussed system. Results of thermodynamic analysis were presented and
discussed in the paper.
Keywords: Injector, compression efficiency, ORC, ejection refrigeration system, refrigerants, twophase ejector

1. INTRODUCTION
Two-phase injector can be applied as a passive device operating without electricity because to
compress and preheat a cold liquid a thermal energy of motive vapour is used. Such devices were
used widely in the past for feeding water into boilers. Now, they are still operating in power station
and this may be thought as the majority of their applications. Recently, the thermally driven devices
become very popular in various systems of thermal power engineering including ORC systems,
refrigeration and air conditioning systems (Liu and Groll 2013). This also applies to various
possible applications of the two-phase injectors as a liquid pumping device.

Figure 1. Heat driven systems: a) basic refrigeration ejection system with a mechanical pump;
b) modified ejection refrigeration system fitted with the two-phase injector, c) ORC system fitted with two-phase injector
instead of a mechanical pump

Two-phase vapour-liquid injector can be applied in ejection refrigeration system with vapour ejector
operating as a compressor, see Fig. 1a,b. The other possible application is ORC system, see Fig.
1c. In both showed configurations the vapour-liquid injector operates as a liquid pump. Substitution
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of the mechanical pump with a vapour-liquid injector may be thought as very attractive especially
for small-scale systems. For example, in small ORC systems the liquid pumps usually have low
efficiency (Meng et al., 2017) and consumes a large amount of electricity for various working fluids
that deteriorate the overall efficiency of the system. In addition, the mechanical liquid pumps
suitable for applications for most of working fluids are available for systems of large scale which
are not suitable for low scale applications. Also, in the case of change of temperature level or heat
flux in heat source or heat sink the pump operates beyond its nominal design operation conditions
which deteriorate their internal efficiency. Fluids used in ORC systems and refrigeration heat driven
systems generate cavitation problems due to operation under near saturation conditions.
Increasing the cavitation margin has usually negative impact on thermal efficiency of the discussed
systems. Also, the mechanical liquid pumps applied in the discussed systems should be hermetic
devices suitable for operation with chemically aggressive working fluids. The above considered
problems may be not applied to the two-phase injectors as a liquid pumping device.
Two-phase injector applied as a liquid pumping device may be thought as fully heat driven system.
The temperatures and pressures in the system fitted with the two-phase injector are at the same
level as for the basic system configuration with a mechanical pump. Because the vapour generator
– two-phase injector loop is the additional sub-cycle then the application of the injector influences
the overall system thermal efficiency. In addition, the efficiency of the compression process
produced by the injector is limited since the condensation shock wave phenomenon that occur in
the injector produces high irreversibility rate. Therefore, the application of the injector in heat driven
systems requires careful analysis of the availability of compression of liquid phase up to required
pressure level as well as availability to achieve compression efficiency suitable for the efficient
operation of the system for selected working fluid.
The applications of two-phase injectors in refrigeration systems are very rare up to date. Only few
reports that demonstrate the possibility of such application can be found in literature (Abdulateef et
al., 2009) where performance of a vapour-liquid injector based on simple mathematical models
were discussed. The possible application of such device in absorption systems with water as
refrigerant was studied in Kumar and Kumar (2014). The performance of the vapour – liquid
injector and the refrigeration cycle were studied using numerical modelling. Influence of various
operation conditions, mostly motive temperature and condensation temperature for various
refrigerants, e.g. R717, R718, R134a on performance of the vapour – liquid injector was studied
(Abdulateef et al., 2009) and (Kumar and Kumar 2014). The results show that refrigerants
properties as well as operation conditions are crucial for the performance of the system with the
injector applied. The moderate deterioration of the cycle efficiency due to application of the twophase injector as a liquid pump device was reported in these papers. In general, the entire system
operation was studied without special attention on the injector design. The investigations of steamwater injectors are more popular among the researchers because such injector can be applied as a
passive cooling system for the nuclear power plants (Miwa et al., 2016), (Takeya et al., 2015),
Water-steam injector was also experimentally investigated by Miwa et al. (2016). In the previous
authors papers the theoretical analysis of possible application of the two-phase injector as a liquid
compression device for the case of isobutane along with the experimental tests focused on heat
transfer investigations were shown (Śmierciew et al., 2015 and 2017).
Concerning the possible improvement of the ORC system efficiency, few approaches in pump
elimination must be pointed out (Li et al., 2013), (Jiang et al., 2017). Chen et al. (2018) presented
the theoretical model and showed results of operation of ORC cycle with liquid-vapour injector for
three potential fluids: R123, R1233zd(E) and R1336mzz(Z). Authors have analysed several
important parameters, namely: the entrainment ratio, the ejector area ratio, the condensation
temperature, and the liquid subcooling at the condenser outlet. These authors found that the ORC
systems with two-phase injector require much less pump work than basic ORC systems and
regenerative ORC systems and offer the same expander output power as basic ORC and higher
than that of regenerative ORC system. The temperature source assumed for calculation was
higher than 95 °C. Calculations were based on the lumped parameter model developed based on
using mass, momentum and energy balance equations. The results show that condensation
temperature has severely inﬂuence on all tested parameters and the liquid subcooling has great
impact on the injector pressure lift. However, the injector application produces a moderate
influence on the system eﬃciency.
In this paper the thermodynamic analysis of the two-phase injector operation for low or moderate
motive heat source temperature is presented. The results were obtained using model based on
the dimensionless mass, momentum, and energy conservations equations that enables clear
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analysis of the achievable operation parameters for the injector with consideration of the dimension
quantities as well as thermal capacity of the discussed systems. Analysis of operation of the
injector were performed for refrigerants already used in refrigeration and ORC technologies and
new potential low GWP substances. Therefore, the following working fluids were selected for the
analysis: R1234ze (E), R1234yf, R600a, R290, R717, R152a, R513A, R454A and R134a.

2. THEORETICAL BACKGROUND
Operation of the two-phase vapour-liquid injector depends on the working fluid as well as the
geometry of its elements: motive nozzle, liquid nozzle (suction chamber), mixing chamber, and
diffuser. This means that the geometry of the injector should be adapted for the specified operation
conditions and selected working fluid. Therefore, the direct comparison of the operation of the
injector as a liquid pumping device in thermal engineering for variety of operation parameters and
working fluids may be thought as impossible. This is the motivation to provide the rigorously
thermodynamic approach.
There are two general criteria of the operation of the two-phase injector that should be considered
in the context of the working fluid selection, namely:
• the ability to produce the discharge pressure exceeding the motive vapour pressure;
• the achievable compression efficiency.

Figure 2. Vapour - liquid injector:

Both criteria will be studied for the two-phase injector on the basis of the assumed inlet operation
conditions for the variety of the analysed working fluids without any consideration of the assumed
injector dimensions nor flow rates.
The following assumptions were made:
• vapour phase is treated as perfect gas;
• liquid phase is treated as incompressible fluid of constant physical properties;
• the motive vapour nozzle operates under supersonic conditions;
• the velocities at the injector inlets and outlet are omitted so that only static thermodynamic
parameters are taken into consideration;
• the injector along with the motive nozzle is treated as adiabatic device.
The injector is fed with the superheated vapour phase and the subcooled liquid phase. The vapour
expands adiabatically in the motive nozzle up to the critical pressure in the nozzle throat that is
denoted as ‘nt’ and further adiabatically expands to the supersonic conditions at the outlet cross
section 1. It is assumed that the nozzle outlet pressure is equal to the static pressure in the mixing
chamber inlet denoted as p1. The liquid phase expands in the suction chamber of the injector from
inlet pressure pL1 up to the inlet pressure to the mixing chamber denoted as p1. Inside the mixing
chamber the momentum transfer process occurs between the two-phases that is conjugated with
direct contact condensation heat transfer (Śmierciew et al., 2015 and 2017). During mixing process
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of the two phases the momentum and heat transfer occur almost under constant pressure
conditions due to convergent shape of the mixing chamber. Along with the phase change and
phases mixing due to momentum transfer the two-phase flow pattern change from annular flow up
to almost homogeneous bubbly flow. The phenomenon of two-phase condensation shock wave is
observed in the injector. Contrary to the gas dynamic shock wave, the condensation shock wave
thickness may not be treated as negligible and may be roughly assessed as comparable with the
channel hydraulic diameter. The location of the condensation shock wave depends on the
discharge pressure so that under conditions of low back-pressure this wave is located in the
diffuser and with increase of the back-pressure at the injector outlet its location moves towards the
throat of the mixing chamber and outlet part of the mixing chamber. Under back-pressure at the
injector outlet the exceeds the certain maximum level the condensation shock wave rapidly moves
towards the motive vapour nozzle that deteriorates the operation of the injector. This phenomenon
is called as the stalling process. Therefore, the injector may operate under discharge pressure that
is lower than the maximum pressure to avoid the stalling process. However, the prediction of the
maximum discharge pressure for the two-phase vapour-liquid injector may be still thought as an
open issue. Consequently, it is assumed in the developed model that the condensation shock
wave is located at the throat of the mixing chamber so that static pressure after the shock wave is
denoted as p2. Inside the condensation shock wave the vapour phase condenses entirely so that
only liquid one phase flow appears in the diffuser. Further slight static pressure increase occurs
inside the diffuser up to pressure p3 due to decrease of the liquid velocity.
A comparative analysis of the work evaluation of a two-phase injector for various working factors
was made on the basis of model descriptions published in (Pawluczuk et al., 2017).

=

p3 − pL 0
pV 0 − pL 0

Eq. (1)

ml
mv

Eq. (2)

where: pL0 is the pressure of liquid sucked in by the injector, approximately equal to the condensing
pressure; p3 is the pressure at the outlet from the diffuser, and pV0 is the pressure of steam
supplied from the steam generator. The influence of suction defined as the ratio of the mass
stream of the sucked liquid to the mass stream of the driving steam is the main influence on the
injector's work:

U=

3. ANALYSIS RESULTS FOR THE TWO-PHASE INJECTOR
The initial parameters of the system operation should be given during the calculations. Constant
parameters taken for analysis were as follows:
• condensation temperature was assumed as Tc = 40 °C;
• two levels of saturation temperature in the vapour generator were analysed, i.e.:
TV0s = 70°C,
• superheating of vapour at the outlet of the vapour generator ΔTV = 5 K.
Liquid refrigerant at the condenser outlet is equal to TL0 = Tc – ΔTL0, where ΔTL0 was assumed as
varying quantity in the range of 5 – 20 K. Therefore, the temperature of the liquid phase at the
injector liquid nozzle inlet is TL0. Geometric modulus Mo and Ω are treated as free parameters. In
presented analysis Mo = 0.9 and Ω =0.7 were assumed to analyse the effect produced by the
thermodynamic parameters on the injector operation. The velocity coefficients for the vapour
nozzle φnV, liquid nozzle φnL, the mixing chamber φm, and the diffuser φd were assumed as 1.0 in
other to analyse the maximum achievable levels of the performance parameters describing the
injector operation.
Two levels of the motive temperature were taken for the present analysis because of different of
practical application of proposed injector. Lower level TV0s = 70 °C can be proposed for low
temperature heat driven ejection refrigeration system, while higher level TV0s = 90 °C can be
applied both for ORC systems and ejection refrigeration systems. Vapour generation temperatures
higher than 100 °C are not considered in this paper due to limitation of the proposed model
formulation based on the ideal gas approach that may be thought as less accurate for conditions
close to the critical pressure of the some of the discussed working fluids.
At first, results for lower motive temperature TV0s = 70 °C are presented. Influence of liquid
subcooling ΔTL1 on mass entrainment ratio U is presented in Fig. 3. For all of the tested fluids the
mass entrainment ratio decreases with increasing of the liquid subcooling. The reason for this
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effect is that in order to condensate vapour inside the injector the required amount of entrained
liquid is smaller when its temperature is lower, i.e. for higher level of liquid subcooling. Maximum
mass entrainment ratios are required by ammonia (R717) and it change from UmaxR717 = 7.5 to
UminR717 = 5. Minimum mass entrainment ratios are required by R454A and it change from U maxR454A
= 2.7 to UminR454A = 1.9. From application point of view lower levels of mass entrainment ratio may
be thought as more favourable because of lower flow rates, and smaller diameters of tubes and
charge with working fluid.

Figure. 3. Mass entrainment ratio vs. liquid subcooling ΔTL1

Figure 4. Mass entrainment ratio vs. Jakob number

In refrigeration systems and ORC systems the liquid subcooling depends on many variables (i.e.
type of condenser, heat transfer surface area, cooling water temperature or cooling water mass
flow rate, properties of refrigerant, and others) therefore, it is obvious that obtaining the specified
liquid subcooling requires different operation conditions for different working fluids. For this reason,
liquid subcooling can be presented in more convenient dimensionless form, as Jakob number:

Ja =

c pL TL
h fg

Eq. (3)

Relation between mass entrainment ratio and Jakob number is presented in Fig. 4. As it is seen
increasing of Jakob number (i.e,. dimensionless liquid subcooling) causes decrease of mass
entrainment ratio. However, it may be observed significant effect of Ja number on achievable U for
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natural working fluids (ammonia, isobutane) while for most of the synthetic fluids this effect may be
thought as moderate.
From the thermodynamic point of view the theoretical maximum pressure of vapour which can be
recovered in the injector is equal to the motive vapour pressure. This can be obtained when
reversible, lossless processes are taken into consideration and outlet velocity is assumed to be
zero. However, the aim of the injector operation is to produce the discharge pressure higher than
the motive vapour pressure. This additional pressure above the motive pressure comes from the
entrained liquid momentum. Therefore, contrary to the gas ejector, if the mass entrainment ratio of
the injector increases, then the compression ratio also increases. This is shown in Fig. 5.
Successful operation of the injector as a liquid pump in presented system is when compression
ratio exceeds unity: П > 1. In order to obtained compression ratio П > 1 the liquid subcooling
should be less than ΔTL1 < 10 K for R600a and the subcooling ΔTL1 < 20 K is required by R290,
R717 and R454A. For the rest of the tested fluids the liquid subcooling should be in range 11-20 K.
General conclusion that could be draw on the obtained results is: the lower level of liquid
subcooling then the better performance of the injector.

Figure 5. Relationship of compression ratio vs. mass entrainment ratio

It is required for the practical implementation of the injector, that the following criterion should be
fulfilled:

 1

Eq. (4)

The compression efficiency ηc may be defined as a ratio of power consumption for the isochoric
compression of the liquid phase (since injector operates as a liquid pump) to the motive power
consumption defined as thermal capacity of the vapour generator (since the injector is a heat
driven device):

c = U

p3 − pL 0
 L ( hV 0 − hL 0 )

Eq. (5)

Negative impact of increasing of liquid subcooling on the injector operation can be observed when
relation efficiency vs. liquid subcooling η = f(ΔTL) is plot. Figure 6 presents this relationship. For all
of the tested fluids the injector efficiency does not exceed 10%. Note that this are the maximum
levels since the isentropic processes are considered. Refrigerants R454A and R290 offers the
greatest efficiencies and are able to effective operation at wider range of the liquid subcooling.
The lowest values are reported for the case of isobutane R600a, and only slightly better is
refrigerant R1234ze(E). For liquid subcooling ΔTL > 8 K the injector efficiency drops below 2%.
This is an interesting phenomenon because R600a has great potential for application in ejection
refrigeration systems [18,19] and it offers very promising performance operation in reference to
other fluids, e.g. R134a, propane. Here, the trend is opposite. However, selection of the fluid for
the systems operating with the injector is not limited to the injector efficiency, rather the several
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parameters like П, U, S, thermodynamic and thermokinetic properties as well as environmental
safety, should be also taken into consideration.

Figure 6. Injector efficiency vs. liquid subcooling

4. CONCLUSIONS
The paper presents the results of theoretical analysis of the operation of a two-phase vapour-liquid
injector. Nine refrigerants were analysed, however proposed procedure is suitable for other fluids
that were not taken into consideration in this paper.
Presented results demonstrated the usefulness of the proposed thermodynamic approach. This
approach allows for selection of the working fluid for systems operating with the two-phase injector.
Proposed approach is based on the thermodynamic relations only, uses dimensionless quantities
and includes all physical phenomena related with operation of the injector. Proposed approach in
authors opinion can be thought as valuable tool for application of the two-phase injectors in thermal
engineering, both in power generation cycles and refrigeration cycles.
Results show that for assumed operating conditions may be thought as not suitable for all of the
analysed fluids for the effective operation of the injector as a liquid pumping device. Depending on
the operation conditions, minimum values of compression ratio were reported for natural working
fluids: ammonia (R717) and isobutane (R600a). Propane (R290) and R454A offers the greatest
efficiency.
However, for the working fluid selection not only the compression efficiency and compression ratio
have to be taken into consideration. The other operation parameters such as mass flow rates and
liquid subcooling should also be analysed to obtain the effective injector operation on the system.
The proposed approach allows for comprehensive analysis of the influence of the crucial
thermodynamic parameters on the injector performance under low and moderate motive heat
source temperature conditions.
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NOMENCLATURE
A

surface area (m2)

p

D

diameter (m)

S

pressure (MPa)
liquid to vapour velocity slip ratio at the
inlet to the mixing chamber
temperature (K)
mass entrainment ratio

Specific enthalpy (kJ×kg-1)
T
Jakob number eq. (3)
U
geometry modulus of the mixing
M
z
coordinate of flow direction
chamber M = At×AnV-1
mass flow rate (kg×s-1)
m
Greek symbols
liquid nozzle throat thickness to outlet

liquid nozzle throat thickness (m)
Ω
vapour nozzle diameter ratio, Ω = ×DnV-1
η
efficiency
ρ
density (kg×m-3)
Π
injector compression ratio, eq. (1)
φ
velocity coefficient
subscripts
c
compression
n
nozzle
d
diffuser
s
isentropic process
L
liquid
t
throat of the mixing chamber
m
mixing chamber
V
vapour
0 – 3 cross-sections of the injector
h
Ja
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ABSTRACT
Combustion engine is a primary source for electric energy consumed in all electrical devices in
ships and yachts. Conversion of fuel energy into mechanical and electrical energy is related to
creation of a significant amount of heat, which is irretrievably removed. Ejection system can be
effectively driven by low-grade heat source such as waste heat from the engine. The paper
presents analytical analysis of thermal-flow operating parameters of waste heat node used for
small yachts air-conditioning systems. The results show that such solution can produce 15 kW of
cold consuming 70 kW of heat at temperature of 120 ºC. Cooling capacity of 15 kW should satisfy
cooling demand of small- and mid-size yachts.
Keywords: Air-conditioning, Marine, Heat Recovery, Yacht, Ejection Refrigeration System, Energy
Efficiency, Desiccant Wheel.

1. INTRODUCTION
Production of cold on ships is used primarily for the needs of air handling units. The demand for it
is related with place of sailing of the ship and conditions of climatic zones which it stays. Usually,
ships are designed for sailing around the world. Therefore, especially on hot climate the outside
weather conditions i.e. the air temperature and relative humidity are high.
To minimize the electricity consumption, the refrigeration system powered by heat can be used.
There are known refrigeration devices powered by heat waste. However, these solutions for
cooling systems powered by non-electric energy is no available on the market for yachts. This is
because absorption systems have more components and as the heat and mass transfer of
absorption equipment is poor, large heat transfer areas are required. Ezgi (2014) presented design
and thermodynamic analysis of a water-lithium bromide absorption heat pump as an HVAC system
for a naval surface ship application. Despite that absorption system can be used in naval ships,
they are not suitable for small yachts due to its dimensions and weight.
Production of cold, which consumes significant amounts of electricity, is especially crucial for small
vessels due to:
• significant load on the energy system of the vessel through electrically controlled air
conditioning systems;
• particular importance of air conditioning systems on small vessels (e.g. yachts) due to the
required comfort conditions in different climate zones.
Another aspect that should be taken into consideration is the availability of waste heat, including
mainly heat exhausted from the internal combustion engine driving the vessel. Currently, it does
not apply to the vessels of low or medium capacity recovery systems of waste heat. One of the key
problems of refrigeration technology, especially on vessels, is the fulfillment of strict legal
requirements regarding working fluids: currently, typical working fluids are being applied, which will
be withdrawn under the EU Directive 517/2014 on fluorinated greenhouse gases from use. The
developed proposed solution meets the rigors imposed by legal regulations, which will also
facilitate servicing such a system around the world. One of the key problems of technologies
specific to small vessels is the requirement of high compactness of devices and reliability of the
refrigeration system. The ejector refrigerant system requires the smallest dimensions from other
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refrigeration systems powered by heat, and therefore it seems to be the best solution for use on
small yachts.

2. APPLICATION OF THE EJECTOR SYSTEM AND THE DESICCANT WHEEL
Ejector refrigeration system was shown in Fig. 1. it is possible to distinguish the refrigeration circuit
and the drive circuit in this system.

Figure 1 Schematic diagram of ejector refrigeration system

In an ideal system the motive vapour (state 1) expands isentropically in the motive nozzle to state
2. During this expansion vapour velocity increases as a result of the pressure drop. Usually, the
motive vapour reaches the supersonic velocity at the outlet of the nozzle. Vapour of low pressure
and high velocity (state 2) entrains vapour from the evaporator at state 7. Inside the ejector both
streams are mixed. It is the result of the momentum transfer between both streams. The effect of
this process is decrease of the motive vapour velocity and increase of velocity of the entrained
vapour. The velocity decrease causes a simultaneous increase in pressure. Despite the velocity
decrease, it can be assumed that after complete mixing (state 3) the velocity of the mixed streams
is supercritical. The transition from supercritical to subcritical flow takes place in the mixing
chamber. This results in a shock wave and a sharp rise in pressure. Depending on the design and
operation conditions of the ejector- the shockwave can be created in the mixing chamber or in the
diffuser. A further small increase of pressure occurs in the diffuser. The vapour mixture leaving the
ejector (state 4) has pressure equal to the pressure in the condenser. After condensation (state 5)
the flow is separated. Part of the liquid refrigerant is throttled in the expansion valve to the pressure
pe and then evaporates in the evaporator. The working fluid reaches the state 7 and is entrained
again by the ejector. The rest part of liquid is pumped to the vapour generator. During pumping
process, pressure of the working fluid rises from pc (state 5) to pg (state 8). The boiling in the
vapour generator consumes the recovered waste heat and changes parameters of refrigerant from
state 8 to state 1.
Authors of this paper have developed a solution for the ejector refrigerant system using a fully
ecological working medium R-1234ze indicating a wide range of motive heat temperatures used for
production of cold (Gagan et al., 2018a,b, Śmierciew et al., 2017). Authors demonstrated the
significant influence of the evaporation temperature on the efficiency of the system. For operation
conditions corresponded to high-temperature air-conditioning (16/19°C) in comparison with the
standard chilled water parameters (6/12°C) the efficiency of the system was nearly doubled.
The conditions for the air conditioning systems on vessels are defined by:
• the ISO 7547: 2002: Ships and marine technology standard - Design conditions and basis of
calculations
• ISO 31-4: 1992, Quantities and units - Part 4: Heat;
• ISO 3258: 1976, Air distribution and air diffusion.
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The standards define design parameters for air processing for winter and summer, as well as the
conditions of thermal comfort in all of the rooms on vessels. General guidelines for air parameters
according to these standards are: outdoor air temperature +35 °C; relative humidity 70%; for indoor
air: +27 °C on summer. The standards do not explicitly define conditions for relative humidity for
the winter period. However, it is good practice to maintain a relative humidity in the room at the
level of 40-60%. The amount of fresh air supplied to the room should be at least 40% of the entire
supplied air.
Operation of A/C system on a vessel is associated with the need of much higher cooling capacity
than is resulted exclusively from the sensible heat gains. Due to the very high relative humidity of
the outdoor air - the cooling capacity needed to absorb latent heat gains is significant. This leads to
high electric power consumption of the air-condition unit. However, taking into account the possible
application of exhaust waste heat, it is possible to use the air conditioning system that ensures
operation in the conditions required by the indicated standards with a significantly reduced electric
power need to drive the refrigeration system. Usage of the air-conditioning system equipped with a
desiccant wheel additionally enhances this opportunity.
Figure 2 shows the basic schematic of the desiccant wheel. It is a rotary heat and mass exchanger
with a porous structure. The larger part of the wheel surface operates as an air dryer. The dried air
is further processed in the A/C unit. The smaller share of the wheel operates as a regenerator of
the porous coating. In the regeneration process, the wheel contacts with hot air which causes
humidity absorption and wheel temperature increases. The wheel coating is drying during the
regeneration process and then, during next rotation, it contacts with the intake air and absorbs its
humidity. Due to the contact of the process air with the wheel, the air is simultaneously heated, so
the dried air requires cooling to the required level in the cooling system. An important advantage of
this wheel in application to marine vessels is the possibility of direct use of waste heat to dry humid
air. In the standard A/C units air is dried by surface coolers far below the dew point. However, this
process requires significant cooling capacity and resulting air temperature is far below required
supply temperature and then must be heated. Application of the desiccant wheel technology allows
for significant reduction of cooling capacity by utilisation of the engine exhaust waste heat. In
addition, this process increases the effective use of fuel oil in vessels.

Figure 2 Schematic diagram of the operation of the desiccant wheel

Issues related with design and efficiency analysis of the desiccant wheel are the subject of
numerous researches. Due to the fact that the heat transfer process takes place in conditions
similar to the operation of rotary regenerative heat exchangers (Butrymowicz et al., 2016), it is not
so clear how the channel geometry of the wheel influence on the heat and mass transfer efficiency
(Camargo et al., 2005, Eicker et a., 2015, Kamar et al., 2016, O'Connor et al., 2016). Guojie et al.
(2012) and Zheng et al. (2017) proposed system dedicated directly to the application in air
conditioning systems on offshore units. A separate problem is the evaluation of the efficiency of the
desiccant wheel operating in the air conditioning units (Bassuoni, 2014, Chung, 2017, Kara et al.,
2017). Nevertheless, the proposed system is not yet a sufficiently widespread solution. There is a
clear need to assess the possibilities of such a solution applied for A/C systems for vessels. The
paper presents an analysis of the possibilities of reduction of cooling capacity by means of usage
of the engine exhaust waste heat potential for the exemplary vessel case.
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3. ANALYSIS OF AN EXEMPLARY CLASSIC AIR-CONDITION SYSTEM
The paper shows, the application of an air-conditioning system with a desiccant wheel used for the
case of the exemplary vessel. For selected vessel, a detailed heat and humidity balance was
performed for the summer period. The heating load covers:
• heat gains from people on the vessel: sensible heat 0.70 kW and latent heat 0.50 kW;
• heat gains from the vessel devices located in the wheelhouse 2.50 kW;
• heat gains from solar radiation and the technical equipment in the vessel 11.3 kW;
• latent heat gains associated with infiltration of humid air 7.20 kW.
The total heat gains are 22.2 kW, and the ratio Δi/Δx was calculated as 7234 kJ/kg. Required air
flow is 4475 m3/h, while the required fresh air is 1790 m3/h.

Figure 3 Schematic of the air processing in an air conditioning unit with the dehumidification of the air by a
refrigeration device

At first, the classical approach with compression refrigeration device used to remove the moisture
for air is considered. The processes of the air-treatment in standard approach are shown in Fig. 3.
In standard air-conditioning unit the chilled water is produced by compression refrigeration system.
The fresh air (Z) is mixed with the exhaust air removed from the room (W), assuming that the
removed air has the same parameters as the internal air (W). The mixed air (M) goes to the
evaporator that receives the total heat gain, so the "M" mixture must be cooled down to
temperature (O) below the dew point so that the moisture can be condensed. The final moisture
content at point O must be equal to the moisture content of the supply air xO = xN. Due to the fact
that the air at the point (O) has a temperature lower than the supply air (N), a heater operating
between the points O-N should be used. Usually it is an electric heater.
The calculation procedure of the analysed processes is based on the mass and energy balance
formulated for each of the process which may be thought as conventional approach, see Ezgi and
Girgin (2015), Zheng et al. (2015), Suono et al. (2011).
It is assumed that the system operates in standard conditions of chilled water, i.e. the supply
temperature is 6 °C, while the return one is 12 °C. Schematic of air processing in the air
conditioning unit with dehumidification of the air by a refrigeration device obtained from calculation
software is shown in Fig. 4. In the analysed case the cooling load of the evaporator is 48.8 kW,
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which is two times higher that total heat gains on the vessel, and the heat load of the air heater is
6.5 kW.

Figure 4: Schematic of the air processing in an air conditioning cycle with the dehumidification of the air by a
refrigeration device obtained from calculation software

4. ANALYSIS OF CIRCUIT OF AIR CONDITIONING WITH A DESICCANT WHEEL
As it was indicated above, it is possible to use the ejector refrigeration system that is powered by
the waste heat generated by the engine on the vessel. An alternative solution to the airconditioning system that also uses the waste heat potential to dry the air is the desiccant wheel.
The air conditioning system equipped with the desiccant wheel is schematically shown in Fig. 5.
The expected temperature of the fluids at characteristic points are shown in the figure.
The air processes in the air-conditioning system using the desiccant wheel are shown in Fig. 6.
This system is additionally equipped with intercooler allowing for pre-cooling of the air with sea
water, which additionally reduces the demand for cooling power in the considered case.
In the proposed system, fresh air (Z) is mixed with the exhaust air removed from the room (W),
assuming that the exhaust air has the same parameters as the internal air (W). The mixed air (M)
is dried and heated in the desiccation wheel, obtaining the parameters of point (D). Pre-cooling
takes place in the additional heat exchanger cooled by sea water (K). The evaporator in this case
only receives the sensible heat gains cooling the air from point (K) to the point (N).
Schematic of the air processing in the air conditioning unit with application of the desiccant wheel
obtained from calculation software is presented in Fig. 7. In the analysed case, the heat load of the
evaporator is 23.6 kW which is almost the same as heat load of the vessel, heat load of the heater
for the regeneration process is 29.1 kW, and the heat power of the pre-cooling is 17.8 kW. The
ejector refrigeration system requires 49.2 kW motive heat.
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Figure 5 Schematic of high temperature air conditioning system
using desiccant wheel and ejector refrigeration system powered by exhaust waste heat

Figure 6 Air conditioning cycle with latent heat absorption in desiccant wheel
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Figure 7 Air conditioning cycle with latent heat absorption in desiccant wheel
for assumed operating parameters

5. CONCLUSIONS
The air-conditioning system for vessels equipped with a desiccant wheel and ejection refrigeration
system was presented and briefly discussed. Both devices, i.e. desiccant wheel and ejection
system use waste heat gained from exhaust gases from combustion engines.
Exemplary results of calculation have been presented. Results show that in the proposed airconditioning system equipped with the desiccant wheel the cooling power is almost the same as
total heat load of the vessel, while for conventional system with compression refrigeration system
the cooling power is over two times higher than total heat load of the vessel. The use of the waste
heat to drive the ejector refrigeration system allows for a significant reduction of an electric power
consumption in the vessel.
The indicated solution is implemented by present shipyard in application to vessel of small and
medium capacities. Due to the major innovative potential of the developed solution, further work is
planned towards developing a configuration of the system ensuring high compactness and energy
efficiency.
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ABSTRACT
This paper presents the virtual-prototype-based development of household refrigerator-freezer
appliances. The virtual prototype (VP) consists of five sub-models for the compressor, the diabatic
capillary tube (DCT), the condenser, the refrigerator/freezer evaporators and the transient heat
transfer inside the appliance envelope. The first two sub-models rely on semi-empirical modelling,
the second two on the finite control volume, while the last one is based on finite-difference
modelling. The VP was experimentally validated by performing temperature and refrigerant mass
flow measurements for an actual appliance in a constant climate chamber at an ambient
temperature of 25 °C. The average difference between the predicted and measured values was
±13%. The presented VP was used for a case-based development, in which different sizes of the
DCT, the evaporators, the condenser and the compressor-displacement sizes were used in the
simulations. The experiences of using the VP show that this tool has a great impact on reducing
the experimental time and costs during the prototyping phase for new refrigerator and freezer
appliances.
Keywords: Simulation, Refrigerant, Optimization, Household refrigerator, Development.

1. INTRODUCTION
Refrigeration and heating in buildings and the industry sector are nowadays responsible for about
one-half of the EU’s energy consumption, as stated by European Commission (2016). According to
Isaac and Vuuren (2009), the energy demand for refrigeration will surpass the energy demand for
heating in the coming decades. The International Energy Agency (2009) states that in the field of
domestic refrigeration such appliances use up 10–30% of a household’s overall electrical energy.
One of the most widespread cooling cycles according to the International Energy Agency (2018) is
based on the vapor-compression cycle (VCC). Developers of VCC-based refrigeration, heat pump
(HP), air-conditioning, etc. devices usually apply two basic principles: an experimental- and virtualbased system design/prototyping. Both terms represent different approaches in the system design:
the experimental is mostly based on experiences that were gathered during decades of
refrigeration/HP devices’ assembly, testing, and experiences from the end-user. It is not based on
an analytical approach, using a fundamental knowledge from the thermodynamic and fluid flow
domains; rather it is based on a heuristic approach. From today’s point of view, this prototyping
method is rather obsolete, since it is based on a trial-and-error principle. The two very important
downsides in such a case of dated prototyping are an excessive time and monetary investment.
An alternative to the experimental-based product development is virtual prototyping (VP). This is
the process of creating and analyzing mathematical-based models that are built upon physical
models (Hermes and Melo, 2008). The main idea behind VP is to predict the operation of a
device/system by testing different components, refrigerants, system controllers, even under
different operating conditions, like frost formation (Borges, 2015). Besides, the process itself does
not require the production of a physical prototype in the first phase of development, which reduces
the development costs and time.
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In the field of designing VCC-based systems, computer-aided simulations gathered momentum in
the 1990s, since those tools were extensively used for new refrigerant assessments (Ding, 2007).
The term “virtual prototype/ing” has appeared recently in the scientific community in the field of
refrigeration numerical modelling, for instance, in the paper by Garrido and Silveyra (2018). The
main goal of such a virtual experimental system (Virtual Prototype) is to ensure a comprehensive,
fully customable engineering analysis tool that gives a complete overview of the underlying
physics. Such sophisticated VPs represent a powerful tool for low-cost virtual experiments. In
addition, it has a wide variety of uses, for instance: performing sensitivity, thermo-economic, costbenefit and performance analyses as well as predicting failures by helping to understand the
physics of failure.
This paper presents a case-based development of household refrigerator-freezer appliances
(HRFA) by using a VP that is based on a combination of 0D and 1D numerical models for the
compressor, the diabatic capillary tube (DCT), the evaporator, the condenser and the transient
heat transfer inside the HRFA envelope. During the development of HRFA, the prototype was used
for several sensitivity analyses that employed different sizes of compressors, condensers,
evaporators and DCT.

2. VIRTUAL PROTOTYPE
The VP of a HRFA has five sub-models for the following components: compressor, DCT,
refrigerator and freezer evaporators, condenser and transient heat transfer inside HRFA
compartments. All those sub-models were written in the Python (compressor, DCT, both
evaporator, condenser) and C++ programming languages (heat transfer inside the HRFA
compartments). The thermodynamic and thermophysical refrigerant properties within all the submodels were calculated using the REFPROP and CoolProp libraries. The interaction between the
user and the VP is provided by the Graphic User Interface (GUI), which connects all five submodels. The GUI was developed in LabVIEW, since it exhibits a simple and intuitive way to create
a GUI. The upper layer of the GUI, available to the user through the front panel, consists of
buttons, indicators, controls, graphs and tabs, as shown in Figure 1 (left-hand side). The
programming of the GUI is based on connecting the blocks, which is performed in the block
diagram (lower layer), as shown in Figure 1 (right-hand side). In addition, this layer allows us to
connect all the sub-models, as shown in Fig. 1 (right).

Fiugre 1: left: Front panel of the virtual prototype's GUI, which enables user interaction with the VP.
Right: block diagram of a VP, within which all five sub-models are connected. Also, buttons,
indicators, controls, graphs and tabs are connected to the input and outputs of all the sub-models

A schematic of the VCC-based HRFA VP is shown in Fig. 2. In addition to all the connections
between all the sub-models, this figure also presents all the required inputs and outputs of a
specific model.
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Figure 2: Schematic of a VCC-based HRFA VP sub-model, its connections, inputs and outputs to
each specific simulation sub-model

2.1.

Compressor Modelling

A compressor model is based on semi-empirical modelling, which has been proposed by many
researchers in the household-refrigeration domain (e.g., Heimel et al., 2016; Borges et al., 2015).
The compressor used in the VP is a hermetic, fixed-speed, piston compressor. The volume of the
cylinder is 8.67 cm3, with a rotational frequency of 50 Hz, while the refrigerant used in the HRFA is
R-600a. All the outputs of this sub-model (see Figure 2) are calculated according to the work of
Heimel et al. (2015). The compressor refrigerant mass flow, the electrical power and the
temperature at point 2 are calculated with the following equations:

𝑚!"#$ = 𝜆!

𝑚!"#$
𝑃!",!"#$ =

𝑉!"#$ 𝑓!"#$
𝑝!
;  𝜆! = 𝑎! + 𝑎!
𝑣!,!
𝑝!

𝜅!,!
𝑝 𝑣
𝜅!,! − 1 ! !,!

𝑝!
𝑝!

!!,! !!
!!,!

−1

𝜂!"

𝑇! = 𝑇!,! 𝑎! + 𝑎!"

𝑝!
𝑝!

!
!!,!

1
+ 𝑄!"#$,!"## ;  𝜂!" = 𝑎
𝑎
!
+ !
𝑝! 𝑝!
!!,! !!
!!,!

(Eq. 1, 2)

(Eq. 3, 4)

(Eq. 5)

We must point out that the coefficients a5 – a10 were calculated by multiple linear regression
according to the compressor manufacturer’s data and calorific measurements as well as to
measurements of an actual appliance, performed by our industrial partner.
2.2.

Diabatic Capillary Tube Modelling

Similar to compressor modelling, DCT modelling relies on semi-empirical modelling, which is
based on the model established by Hermes et al. (2010). The capillary length was 3.26 m, while
the inner and outer DCT diameters, and the outer suction pipe diameters were 0.72 and 1.85 mm,
and 8 mm, respectively. The output variables of this model (see Fig. 2) were calculated using the
following equations:
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(Eq. 7)

ℎ!"#,! = ℎ!"#,! − 𝜀!"# 𝑐!,!,! 𝑇! − 𝑇!,!

(Eq. 8)

𝑇!,! = 𝑇!,! + 𝜀!"# 𝑇! − 𝑇!,!

(Eq. 9)

Heat Exchanger Modelling

Heat exchangers (evaporator, condenser) inside the VP were modelled by following the procedure
proposed by (Braun and Bendapudi, 2002; Bendapudi, 2004; Rossi and Braun, 1999). The solution
was created for first-order differential equations regarding the mass and energy conservation (lefthand sides of Eqs. (10) and (11)). The final differential equations by transforming the state
variables are shown in the right-hand sides of Eqs. (10) and (11). The lengths of the freezer and
refrigerator evaporator tubes were 15.65 and 6.135 m, respectively, while the length of the
condenser evaporator tube was 17.11 m. The tubes’ inner and outer diameters for the evaporator
and condenser tubes were 6 and 8 mm and 3.35 and 4.75 mm, respectively. All the inputs and
outputs for both evaporators and the condenser are shown in Fig. 2.
𝜕𝜌 𝜕 𝜌𝑤
𝜕𝜌
+
= 0 → 𝑉!"
𝜕𝑡
𝜕𝑝
𝜕𝑥

𝜕ℎ
𝜕 𝜌ℎ − 𝑝
𝜕𝜌
+
= 𝑄 → 𝑉!" ℎ!"
𝜕𝑥
𝜕𝑝
𝜕𝑡

2.4.

−1
!"

𝑑𝑝
𝜕𝜌
+ 𝑉!"
𝑑𝑡
𝜕ℎ
!"

𝑑𝑝
𝜕𝜌
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(Eq. 10)

(Eq. 11)

Transient Heat Transfer inside Compartments

The transient heat transfer modelling of the heat transfer inside the HRFA compartments is based
on a 1-D heat equation (Eq. (15)), which was discretized by a finite-difference method using an
implicit time-discretization scheme, as proposed by Poredoš et al. (2018). The output of the model
was a temperature distribution of each wall and a calculated heat flow. The experimental model’s
validation was performed by steady-state and transient experiments. The average discrepancy for
the former validation is 14.5%, while for the latter validation the average RMSD between the
predicted and measured temperatures is 0.8 K.
𝜕 ! 𝑇 1 𝜕𝑇
=
𝜕𝑥 ! 𝛼 𝜕𝑡

(Eq. 12)

3. VALIDATION OF THE VIRTUAL PROTOTYPE
The VP’s validation was performed with temperature and refrigerant mass flow measurements of a
typical HRFA in a constant climate chamber at 25 °C. The temperature measurements were
performed with a T-type thermocouples having an expanded measurement uncertainty of 1 K. The
refrigerant mass flow was measured with a Coriolois flow meter (Endress Houser Proline Promass
F300) with a maximum measurement uncertainty of ±0.35% when measuring gases. The
measurements of the combined refrigerator and freezer household appliance were carried out
according to the standard IEC 62552 2013, which describes test methods for household
refrigeration appliances. However, the standard states that in the freezing compartment the ISO
packet should be present during the tests. That was not the case in our experiments, since the VP
currently anticipates empty compartments. The experimental validation was performed at the end

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2266

of the cooling cycle. All the predicted and measured values are shown in Table 1. The average
difference between the predicted and measured values was ±13%. We must point out that the
comparison was made at the end of the cooling cycle, since the VP starts the cooling cycle with an
already established pressure difference. Besides, since the current experimental measurements
rely solely on the temperature measurements, the most representative evaporation and
condensing temperatures were acquired by measuring the temperature on the outer surface area
of the evaporator and the condenser tubes.
Table 1. Comparison of predicted (by VP) and measured values of several variables of a HRFA

Tref,max Tref,min
(°C)
(°C)

Measured
Predicted
Difference
[%]
Average

Tfr,max
(°C)

Tfr,min
(°C)

-21.2 -27.4 35.7
-19.2 -20.4 39.8

4.6
4.6

3.9
3.9

-18.1
-17.2

0

0

5

Te
(°C)

10

25

Tc
(°C)

𝑚!"#$
(kg/h)

12

2.12
2.26
6

189 219
157 239

75
84

Energy
consumption
(Wh / 24 h)
563
479

17

13

15

𝑄!
(W)

𝑄!
(W)

Pcomp
[W]

9

13%

4. CASE-BASED DEVELOPMENT BASED ON VIRTUAL PROTOTYPING
In the following sections, a case-based development with the VP will be shown. All the components
inside the VP are the same as in the HRFA, which is currently available on the market. Section 4.1.
shows a sensitivity analysis in which the refrigerator’s performance with different DCT lengths is
analysed. In Sections 4.2, 4.3 and 4.4 three cases of evaporator, condenser length and
compressor-displacement sizing analysis will be presented.
4.1.

Capillary Tube Size

The operating performance when using five different DCT lengths (2.934, 3.097, 3.26 (a base
case), 3.423 and 3.586 m) is shown in Fig. 3.
1.1

REF evaporator capacity
ratio
FR evaporator capacity ratio

Ratio (/)

1.05

Compressor electrical power
ratio
Energy consumption ratio

1
0.95
0.9

COP ratio
1

2

3

Case (/)

4

5

Condenser capacity ratio

Figure 3: Sensitivity analysis of HRFA operational performance by changing the DCT size

By increasing the DCT tube length, the condenser’s capacity and the compressor’s power ratio are
decreasing and increasing, respectively. The longer DCT manifests in higher pressure ratios,
which in turn increases the compressor’s electrical power consumption, decreases the refrigerant
mass flow and consequently the condenser’s capacity is decreased. The VP also predicts the
increasing capacities of both evaporators (refrigerator and freezer) by increasing the DCT length.
However, case 5 shows a point at which the refrigerator evaporator gains a significant loss in
capacity, unlike the freezer’s evaporator. Case 3 also shows that the base length of the DCT is
optimal for this appliance if we consider the COP. This is also true from the energy consumption
point of view, since case 1 shows only a 2.3% decrease, while case 5 shows a 9.1% increase in
the energy consumption within 24 h of the refrigerator’s operation.
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4.2.

Evaporator Sizing

Ratio (/)

Fig. 4 shows an analysis provided by the VP for five cases (the base case is 3) with different
evaporator sizes. From case 1 it can be seen that when increasing the refrigerator’s evaporator
size by 21%, the freezer’s evaporator should be increased by 47% in order to keep the
temperature ratio 5/-18 °C (refrigeration/freezing compartment). On the other hand, this will cause
an increase in the energy consumption by 19%. VP also predicts that by increasing and decreasing
the evaporator sizes we cannot decrease the energy consumption of this particular appliance.
1.5
1.4
1.3
1.2
1.1
1
0.9
0.8
0.7
0.6
0.5
0.4

REF evaporator size ratio
FR evaporator size ratio
Energy consumption ratio
COP ratio

1

2

3

Case (/)

4

5

Figure 4: Sensitivity analysis of HRFA operational performance by changing the evaporator size

4.3.

Condenser Sizing

Ratio (/)

When performing a condenser-sizing analysis, as shown in Fig. 5, case 5 shows that by increasing
the refrigerator’s condenser by 40 % the freezer’s evaporator size should be decreased by 18 % in
order to keep the temperature ratio 5/-18 °C (using the same refrigerator evaporator). This will
cause a decrease in the energy consumption by 2 %. The VP also predicts that by increasing the
condenser size we can have a small decrease in the energy consumption of the HRFA. However,
existing sizes should be close to optimal, since the improvements are predicted to be insignificant.
1.8
1.7
1.6
1.5
1.4
1.3
1.2
1.1
1
0.9
0.8
0.7

REF evaporator size ratio
FR evaporator size ratio
Energy consumption ratio
COP ratio
Condenser size ratio
1

2

3

4

5

Case (/)
Figure 5: Sensitivity analysis of HRFA’s operational performance by changing the condenser size

4.4.

Compressor Sizing

If the compressor displacement is decreased by 19% (case 1), the freezer evaporator should be
increased by 156% in order to keep the temperature ratio 5/-18 °C (using the same refrigerator
evaporator), as shown in Fig. 6. This selection leads to an energy consumption decrease of 8%.
On the other hand, the VP predicts that by increasing the compressor displacement a decrease in
the energy consumption of the HRFA can be observed. However, the need for a larger increase in
the freezer’s evaporator should be further investigated.
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Ratio (/)

2.6
2.4
2.2
2
1.8
1.6
1.4
1.2
1
0.8
0.6

REF evaporator size ratio
FR evaporator size ratio
Energy consumption ratio
COP ratio
Condenser size ratio

1

2

Case (/)

Compressor displacement
ratio

3

Figure 6: Sensitivity analysis of HRFA operational performance by changing the compressordisplacement ratio.

5. CONCLUSIONS
This paper presents a virtual-prototype-based development of household refrigerator-freezer
appliances. The VP consists of five sub-models for the compressor, the DCT, the condenser, the
refrigerator/freezer evaporators and the transient heat transfer inside the HRFA envelope. The VP
has been experimentally validated by performing measurements for an actual appliance in a
constant climate chamber at an ambient temperature of 25 °C. The average difference between
the predicted and measured values is ±13%. Based on the constructed VP several sensitivity
analyses were performed in which the different sizes of the DCT, the evaporators, the condenser
and the compressor-displacement sizes were used in the simulations. This shows that the VP
could serve as a powerful tool with a huge potential, since it is able to predict the impact of
operational and geometric parameters on several output variables. By using the proposed tool, it is
also possible to get an important insight into the underlying physics. So far, a great influence on
reducing the experimental time and costs during the prototyping phase for new refrigerator and
freezer household appliances was registered.
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NOMENCLATURE
A
b
D
f
L
m
P
Q
t
V
w

surface area (m2)
variable (/)
tube diameter (m)
frequency (s-1)
length (m)
refrigerant mass flow (kg×s-1)
electric power (W)
heat flow rate (W)
time (s)
volume (m3)
velocity (m×s-1)

a
c
d
h
m
N
p
T
U
v
x

coefficient (/), variable (/)
constant (/), specific heat (J×kg-1×K-1)
constant (/)
specific enthalpy (kJ×kg-1)
mass (kg)
number of control volumes (/)
pressure (bar)
temperature (K)
overall heat transfer coefficient (W×m-2×K-1)
specific volume (m3×kg-1)
coordinate (/)

ε

heat exchanger effectiveness (/)

Greek nomenclature
α

thermal diffusivity (m2×s-1)
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η
Λ
π

compressor overall efficiency (/), dynamic
viscosity (Pa×s)
diabatic correction multiplier (/)
pi constant (/)

κ

heat capacity ratio (/)

λ
ρ

volumetric efficiency (/)
density (kg×m-3)

1,o
2
4
c
cv
e
f
i
loss
min
p
sp

suction pipe outlet / compressor inlet
compressor outlet
capillary tube outlet
condenser
control volume
evaporator
flash point
inlet, inner
losses
minimum value
constant pressure
suction pipe

Subscripts, superscripts
1,i
1
3
act
comp
dct
el
fr
l
max
o
ref
v

suction pipe inlet / evaporator outlet
interface control volume - wall
capillary tube inlet
adiabatic capillary tube
compressor
diabatic capillary tube
electrical
freezing compartment
liquid
maximum value
outlet, outer
refrigerated compartment
volumetric
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ABSTRACT
Absorption heat pump system using R1234ze(E)/ionic fluid is developed for cooling and heating
application in Proton-Exchange Membrane Fuel Cells (PEMFC) vehicles. Waste heat from the
PEMFC is utilized as the heat source of the absorption heat pump system. A low global warming
potential (GWP) refrigerant of (R1234ze(E)) and an ionic fluid of [hmim][Tf2N] are used as refrigerant
and absorbent, respectively. Additionally, the heat pump system is assisted by a compressor placed
between evaporator and absorber. Cooling and heating performance of the absorption heat pump is
evaluated under various generator and absorber temperatures and concentrations. The results show
that the coefficient of performance of refrigeration (COPc) is up to 0.446 and the COP of heat
pump(COPH) is up to 1.423.
Keywords: Absorption system, Cooling, COP, Heat pump, Ionic liquid, R1234ze(E)

1. INTRODUCTION
Research and development on low GWP refrigerants have been actively proceeded. In addition,
fossil fuels are the main cause of micro dust that directly affects respiratory diseases, and regulations
on the use of internal combustion engines are being tightened. In the automobile industry,
development and technical research on the next-generation automobiles are being carried out all
over the world. One of the next generation of automobiles is a fuel cell automobile. The vehicle
converts electricity into thermal energy inefficiently, thereby reducing the fuel efficiency. On the other
hand, the amount of waste heat generated in the process of electricity generation in a fuel cell vehicle
is about 50% with the temperature range of 70 to 80 degree Celsius and an additional cooling system
is required to cool it (Fly and Thring, 2015).
Therefore, in this study, a sorption heat pump system that uses waste heat from the PEMFC as a
driving heat source is proposed. The sorption heat pump system uses a low GWP refrigerant and
ionic solution as absorbent, which can solve the problems mentioned above at the same time.
Regarding the development of absorption cycles, working fluid pairs (refrigerant/absorbent) are as
important as all of the components of absorption cycles. H2O/LiBr and NH3/H2O are most widely
used at present. Despite the outstanding performance of the existing pairs, as shown in Table 1,
these pairs have some critical disadvantages. To deal with this, the use of an ionic liquid and
hydrofluorocarbon (HFC) as a working pair for the absorption refrigeration cycle has been proposed.
As hydrofluoroolefins (HFO) stand out due to very low global warming potential (GWP) compared to
HFCs, there are a few studies on the performance of absorption cycles using the HFOs and ionic
liquid (IL) as the working fluid pair (Wu et al. 2018).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2272

Table 1. Characteristics of representative refrigerants for absorption refrigeration system

-

NH3/H2O

H2O/LiBr

Absorbent

H2O

LiBr

Refrigerant

NH3

H2O

Crystallization

N

Y

Toxicity

Y

N

Flammability

Y

N

1. Flammable, Explosive, Toxic
2. Regulated by national regulations

1. Frozen/refrigeration system: Not
applicable
2. Difficulty in air cooling due to high
boiling point of refrigeration

Disadvantages

In this study, a sorption heat pump cycle for fuel cell automobiles is developed using the ionic liquid
and HFO as the working fluid pair, and the performances of summer and winter seasons are
estimated according to the temperature and concentration variations.

2. SIMULATION METHODOLOGY
2.1.

Description of Sorption Heat Pump in Automobile

Figure 1: Arrangement of sorption heat pump system in automobile

Fig. 1 shows the interior layout of the sorption heat pump system for winter mode in fuel cell vehicles.
In order to reduce the defrosting operation of the heat pump system in winter, the waste heat line
and by-pass to the evaporator are constructed.
Fig. 2 and Fig. 3 show the cycle simulation model of the sorption heat pump proposed in this study
for summer and winter modes, respectively. To extend the operating ranges of the heat pump system,
an additional compressor is set to the basic components to increase the operating temperature and
pressure ranges. Also, according to (Wu et al., 2018), it is confirmed that the coefficient of
performance of the heat pump is significantly improved by adding the compressor.
2.2.

Selection of Refrigerant and Absorbent Pair

After considering toxicity, safety, stability, flammability, corrosivity, GWP and ODP values, it is found
that R1233zd(E), R1234ze(E), and R1234yf are suitable to replace ammonia as a refrigerant.
Furthermore, by considering melting point (below -10℃), boiling point (over 150℃), heat capacity
and saturation pressure, R1234ze(E) is finally selected. Due to the negligible vapor pressure, good
thermal and chemical stability and solubility with many refrigerants, ILs (composed of one organic
cation and one organic or inorganic anion) are considered as the promising absorbents for sorption
cycles.
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Figure 2: Schematic diagram of sorption heat pump cycle for summer mode

Figure 3: Schematic diagram of sorption heat pump cycle for winter mode

2.3.

Property Estimation of HFO/IL

2.3.1. Pressure, Concentration and Temperature Relation
To analyze the system performance, pressure, concentration, and temperature equilibrium
correlation of multi-components gas-liquid system is essentially acquired. These properties can be

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2274

derived from the experimental vapor-liquid equilibrium (VLE) data using the non-random two liquid
(NRTL) activity coefficient property method. The VLE behavior of a multi-component system can be
described by the following formulations (1)–(5)
𝑌# 𝑝𝛷# = 𝑋# 𝛾# 𝑝#) (𝑖 = 1, … , 𝑁)

Eq. (1)

where 𝑋# and 𝑌# are the mole fractions of the 𝑖th species in the liquid and vapour phases, respectively,
𝛾# is the activity coefficient of the 𝑖th species, 𝑝#) is the saturated vapour pressure of the 𝑖th species,
and Φ# is the correction factor for the 𝑖th species, which can be calculated as
𝛷# = 𝑒𝑥𝑝 4

(56 7869 )(:7:; )
<=

Eq. (2)

>

where 𝐵# and 𝑉#A are the second virial coefficient and the saturated molar liquid volume for the 𝑖th
species at temperature T, respectively. They can be calculated from the EES(Engineering Equation
Solver) software. The NRTL equation is expressed as
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Eq. (3)
Eq. (4)
Eq. (5)

S
D
S
D
, 𝜏DE
, 𝜏ED
and 𝜏ED
are adjustable parameters corresponding to [hmim][Tf2N]/R1234ze(E).
where α, 𝜏DE
These parameters for the four working pairs are obtained based on the experimental data from the
reference (Liu et al. 2016) and are listed in Table 2. The NRTL property model is implemented in the
EES software.

Table 2. Adjustable parameters corresponding to [hmim][Tf2N]/R1234ze(E)

coefficients

α

S
τDE

D
τDE

τSED

τDED

value

-12.83

0.3359

-76.07

0.2888

80.25

2.3.2. Enthalpy of Binary Mixture
The enthalpy of the binary mixture is calculated by equations (6)-(9)
𝐻 = 𝑋D 𝐻D + 𝑋E 𝐻E + 𝐻X

Eq. (6)

where 𝐻D and 𝑋D are the enthalpy and molar concentration of liquid phase R1234ze (E), respectively,
and are calculated using EES. 𝐻E 𝑖s the enthalpy of [hmim] [Tf2N] and is calculated by
=

Eq. (7)

𝐻E = ∫= 𝐶:,[A 𝑑𝑇 + 𝐻S
^

where 𝐻S is the reference enthalpy at reference state, which is set as 200 kJ/kg when converted to
mass-based enthalpy; 𝑇S is the reference temperature, which is set as 273.15 K here; 𝐶:,[A is the
heat capacity of the IL, which can be calculated by
Eq. (8)

𝐶:,[A = 𝐶S + 𝐶S 𝑇

The experimental data for IL heat capacities are obtained from the reference(Liu et al. 2016) and the
mole based coefficients of equation (9). For the R1234ze(E)/IL binary systems, the excess enthalpy
can be calculated by
`abcJ

𝐻X = −𝑅𝑇 E 4𝑋D G

`=

M

`abcI

:,K

+ 𝑋E G

`=

M

:,K

>

Eq. (9)

where R is the universal gas constant, which is 8.314472 J mol-1 K-1
2.4.

Cycle Modelling of the Sorption Cycle

During the cycle simulation process, the following assumptions are used.
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(1) Steady state operation.
(2) The pressure drop is small enough to be negligible.
(3) Condensation and evaporation occur completely in condenser and evaporator, respectively.
(4) The temperature of the generator is kept constant by controlling the inflow of heat source.
(5) The efficiency of pump and the compressor are assumed 0.85(Ally and Sharma. 2018) and
0.7(Wu et al., 2018), respectively.
(6) The efficiency of the solution heat exchanger is assumed 0.8. (Wu et al., 2018)
The entire simulation of the sorption heat pump is carried out using the Engineering Equation Solver
(EES), and the thermal conditions for the cycle simulation are summarized in Table 2.
Table 2. Cycle simulation conditions

Modes
Summer
Winter

Ambient
temperature(℃)
35
0

Absorber outlet mass
flow rate (kg/s)
0.1

Air flow rate (m3.h-1)
Inflow
Outflow
500

3931

2.4.1. Mass and Species Conservations
Principles of mass, species and energy conservations are applied to each component of the system
as follows.
· Mass balance:
0 = ∑ 𝑚̇# − ∑𝑚̇ h

Eq. (10)

0 = ∑ 𝑚̇ i 𝑥# − ∑𝑚̇h 𝑥h

Eq. (11)

· Energy balance
0 = ∑ 𝑚̇# ℎ# − ∑ 𝑚̇h ℎh + ∑ 𝑄̇# − ∑ 𝑄ḣ + 𝑊̇

Eq. (12)

2.4.2. COP and Work
Pump and compressor works are defined in Equations (13) and (14), respectively. The coefficients
of performance (COP) for cooling (summer mode) and heating (winter mode) are calculated form of
Equations (15) and (16), respectively.
· Solution pump and compressor:
𝑊̇:mn: =

ṅJ (opqr 7 ost; )

𝑊̇xhn: =

ṅJ (yst ;,6r,zq{ 7 oq|sw,}~•,szq{ )

uJ vw
v€}•w

Eq. (13)
Eq. (14)

Coefficient of performance:
𝐶𝑂𝑃„ =
𝐶𝑂𝑃‡ =

…q|sw
…pqr L †w~•w L †€}•w
…€}rˆ L …st;
…pqr L †w~•w L †€}•w

Eq. (15)
Eq. (16)

3. RESULTS AND DISCUSSION
3.1.

Analysis Conditions

The concentration and temperature of the absorber are kept constant and the sensitivity analysis is
conducted by changing the concentration and temperature of the generator. Table 3 shows the
temperatures and concentrations of generator outlet and absorber outlet for summer and winter
modes. As the generator temperature increases, the saturation pressure in the condenser of the
superheated refrigerant from the generator becomes higher for a given concentration, confirming
that the operating pressure range of this system becomes wider. As the absorber temperature
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increases, the saturation pressure in the absorber outlet becomes higher for a given concentration,
confirming that the operating pressure range of the generator becomes more restricted.
Table 3. Simulation condition of each component outlet

Generator (Absorber properties variable)
Temperature
Outlet concentration

Modes
Summer
Winter
3.2.

60 (℃)
50 (℃)

11%
12%

Absorber (Generator properties variable)
Temperature
Outlet
concentration
40 (℃)
23%
30 (℃)
28.5%

Effect of the Concentration Difference on the Cooling and Heating COP

Figure 4: Effect of generator outlet
concentration of different temperature on
cooling COP

Figure 5: Effect of absorber outlet
concentration of different temperature on
cooling COP

Fig. 4 shows the cooling COP variation according to the generator outlet concentration for each
generator temperature. The performance of the cycle is evaluated by varying the generator
temperature from 55℃ to 70℃ with 5℃ intervals. As the generator outlet concentration increases,
the flow rate of the generated refrigerant decreases, which reduces the cooling capacity and reduces
the total COP. When the outlet temperature and concentration of the generator are 55℃ and 13%,
respectively, the maximum cooling COP is 0.435. It is found that the COP is sensitive to the generator
outlet concentration.
Fig. 5 shows the cooling COP variations according to the absorber outlet concentration. As the outlet
concentration of absorber increases, the saturation pressure of the absorber increases and the
compressor work also increases, but the flow rate of the refrigerant becomes relatively larger due to
the concentration difference, which increases the cooling capacity of the evaporator leading to the
increase total COP. When the outlet temperature and concentration of the absorber are 36℃ and
29.3%, respectively, the maximum cooling COP is 0.446. It is found that the COP is sensitive to the
absorber outlet concentration.

Figure 6: Effect of generator outlet
concentration of different temperature on
heating COP

Figure 7: Effect of absorber outlet
concentration of different temperature on
heating COP
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Fig. 6 shows the heating COP variations according to the generator outlet concentration. The
performance of the cycle is evaluated by varying the generator temperature from 45℃ to 60℃ with
5(℃) intervals. As the outlet concentration increases, the refrigerant flow through the condenser
decreases and the corresponding compressor work decreases. However, as the heat capacity in the
condenser and the energy absorbed from the outside air in the evaporator become relatively much
smaller, the total COP decreases. When the outlet temperature and concentration of the generator
are 45℃ and 14.5%, respectively, the maximum heating COP is 1.423.
Fig. 7 shows the heating COP variations according to the absorber outlet concentration. As the outlet
concentration increases, the flow rate of the refrigerant in the generator increases and the
compressor work increases. However, the heat capacity also increases in the condenser and the
energy absorbed from the outside air in the evaporator increases and the total COP increases. When
the outlet temperature and concentration of the absorber are 27℃ and 33.1%, respectively, the
maximum heating COP is 1.414.
3.3.

Effect of Temperature on Performance of the System

Figure 8: Effect of absorber temperature on
cooling performance in summer

Figure 9: Effect of absorber temperature on
heating performance in winter

Fig. 8 shows the performance of the system in summer. The concentrations of the absorber and
generator are maintained at 17.2% and 11%, respectively, and the cycle performance is evaluated
according to the temperature of the absorber. As the concentration difference between generator
and absorber outlets is constant, the amount of boiling refrigerant keeps constant and the heat
absorbed by the evaporator keeps constant. As the temperature of the absorber increases by 12℃,
the amount of total work increases by 22.6%, and the heat input to the generator decreases by
35.3%. At this time, the COP is improved by 46%. As the temperature of the absorber increases, the
higher the saturation pressure, the greater the work of the compressor to compensate for it, but the
temperature difference between the generator and the solution decreases and the heat required to
heat the solution decreases drastically. Therefore, the COP increases significantly as the amount of
heat given to the generator is greatly reduced according to Equation (15)
Fig. 9 shows the performance of the system in winter. The concentrations of the absorber and
generator in winter are kept constant at 20.9% and 12.5%, respectively, and the cycle performance
is evaluated according to the temperature of the absorber. As the concentration difference between
generator and absorber outlets is constant, the amount of boiling refrigerant and the heat absorbed
by the evaporator are constant. In summer, as the temperature of the absorber increases by 9 ° C,
the total amount of work increases by 26.0%, and the heat input to the generator decreases by 7.7%.
At this time, the COP is improved by 5%. In the case of the heating system, the heat from the
generator is recovered from the condenser and the absorber to the cabin system, and the energy of
the outside air recovered from the evaporator is compressed as an auxiliary. Therefore, the overall
system mainly depends on the heat supplied to the generator. However, as the temperature
difference between the absorber and the generator decreases, the heat input to the generator
decreases and the amount of heat recovered from the evaporator takes up more of the system
element. Therefore, the COP increases as the absorber temperature increases, which reduces the
amount of heat given to the generator according to Equation (16)
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4. CONCLUSIONS
The performance of a sorption heat pump for fuel cell vehicle according to the change of absorber
and generator outlet concentration and temperature is analysed. The working fluid pair is selected
for the sorption heat pump using a low GWP refrigerant R1234ze (E) as refrigerant and ionic solution
[hmim] [Tf2N] as absorbent. The following conclusions are drawn from the present study.
1. It is confirmed that the cooling COP decreases as the generator temperature increases for a given
generator outlet concentration. The cooling COP increases as the generator outlet concentration
decreases. it is found that the maximum cooling COP is 0.435 when the generator temperature is
55℃ at the outlet concentration of 13.0%. Also, it is confirmed that heating COP decreases as the
generator outlet temperature increases for a given outlet concentration, and it is confirmed that the
heating COP increases as the generator outlet concentration decreases. It is found that the
maximum heating COP is 1.423 when the generator temperature is 45℃ at the outlet concentration
of 14.5%.
2. It is confirmed that the cooling COP decreases as the absorber temperature increases for a given
absorber outlet concentration. The cooling COP increases as the absorber outlet concentration
increases. It is found that the maximum cooling COP is 0.446 when the absorber temperature is 36℃
at the outlet concentration of 29.3%. Also, it is confirmed that the heating COP decreases as the
absorber temperature increases for a given outlet concentration, and it is also confirmed that the
heating COP increases as the absorber outlet concentration increases. It is found that the heating
COP has a maximum of 1.414 when the generator temperature is 27℃, at the outlet concentration
of 33.1%,
3. Cooling COP changes sensitively according to the temperature change of the absorber when
other conditions are constant. However, the heating COP is relatively small because the waste heat
from the whole system is supplied to the cabin system as it is, and the ambient energy is recovered.

NOMENCLATURE
ṁ

mass flow rate, kg s-1

Q̇

heat transfer rate, kJ s-1

T

temperature, K

p

pressure, kPa

COP

coefficient of performance

W

power rate, kW

x

concentration

ℎ

mass based enthalpy, kJ kg-1
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ABSTRACT
The inverter controller produces large heat flux during the high-frequency operation of inverter air
conditioners and the heat flux should be dissipated in time. The objective of this study is to propose
a novel cooling method based on the heat pipe heat sink (HPHS) for the inverter controller. The heat
flux of the chips in the controller is transferred to heat pipes by conduction and then dissipated to the
ambience by the efficient heat convection between the dense fins and the air. Two types of HPHSs
(i.e. vertical U-type and L-type) are designed, and their cooling performance are investigated and
compared with the conventional plate-fin heat sink based on simulation. The application of HPHS
cooling method in a real inverter air conditioner shows that, L-type HPHS and U-type HPHS can
reduce the average temperatures of chips by 7.9 oC and 5.2 oC compared to the conventional platefin heat sink, respectively.
Keywords: Air Conditioner, Cooling, Heat Pipe, Heat Sink, Inverter.

1. INTRODUCTION
Inverter air-conditioners (ACs) have been widely used in the household appliances for the
advantages of energy saving and good comfort comparing to the conventional constant frequency
air conditioners (Yurtseven et al., 2014). The cooling/heating capacity of an inverter AC is regulated
by the controller containing several chips (Li and Deng, 2007). The chips will generate large heat
flux during the high-frequency operating of inverter air conditioners. The heat flux must be dissipated
in time because the temperature rises of chips resulted from the heat flux may deteriorate the
controller (Zhao et al., 2014).
The existing methods for the heat dissipation of the controller of ACs include the plate-fin heat sink
method and the refrigerant cooling method, and their limitations are listed as follows. With the platefin heat sink, the heat flux is dissipated by the plate-fin heat sink sticking on the chips (Bar Cohen
and Iyengar, 2002; Kim et al., 2010). The cooling performance of plate-fin heat sink is determined
by the fin area and fin efficiency. However, the contradiction between the fin area and fin efficiency
limits the cooling capability of plate-fin heat sink. If the fin area increases, the fin number will increase
and the fin thickness decrease, resulting in low fin efficiency; if the fin efficiency increases, the fin
thickness will increase and the fin number decreases, leading to small fin area.
With the refrigerant cooling method, a cold plate is sticking on the controller and a part of refrigerant
in the outdoor heat exchanger is used to flow through the cold plate and cool the chips
(Trutassanawin et al., 2006). Since the refrigerant temperature is commonly lower than the dew point
temperature of outdoor air in winter (TenWolde, 2014), water vapor in the air may be condensed on
the controller and damage the chips. Besides, the refrigerant cooling method may increase the
thermal load of the outdoor heat exchanger and influence the COP of inverter ACs.
A heat pipe heat sink (HPHS) has the capability to dissipate heat with high efficiency, it may replace
the plate-fin heat sink to efficiently cool the controller. The efficient cooling of HPHS is realized by
the large heat dissipation area and the super high heat conductivity of heat pipes. The large heat
dissipation area is achieved by increasing the fins numbers and reducing the fins thickness, and the
decreased fin efficiency resulted from the small fin thickness will be improved by using heat pipes to
connect the middle with the root of fins. The super high heat conductivity of heat pipes is achieved
by the alternate evaporation and condensation of working fluid inside the heat pipe. The liquid
working fluid at the evaporation part of heat pipe evaporates to vapor by absorbing the heat flux of
the chips, and then flows to the condensation part; the vapor is condensed by the cooling of outdoor
air, and consequently the heat flux of the chips can be transferred to the ambience through the HPHS.
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HPHS has already been well used for cooling the electronic systems and saving energy of
refrigeration systems. Relevant researches cover the following three aspects: 1) the effects of
capillary structure and working fluid on the performance of HPHS (Cai and Bhunia, 2014; Jiao et al.,
2008); 2) the effects of the operation conditions, such as the inclination of heat pipe (Yousefi et al.,
2013); 3) the industrial applications of HPHS (Ye et al., 2014), such as the dehumidification
enhancement for air conditioners (Nethaji and Mohideen, 2017). Until now, the HPHS has not been
applied in the heat dissipation for controller of the inverter AC.
In order to apply a HPHS in the controller of inverter AC, the following two requirements have to be
satisfied simultaneously. Firstly, the heat transfer performance of HPHS should be good enough to
ensure the chip temperature in the controller is lower than that employing plate-fin heat sink.
Secondly, the HPHS should be installed in the compact outdoor unit of ACs conveniently after
replacing the plate-fin heat sink.
The purpose of this paper is to develop a HPHS cooling method based on the heat pipe for the
controller of inverter AC and the cooling effectiveness of the HPHS cooling method is validated
experimentally.

2. MECHANISM OF HEAT DISSIPATION BASED ON HPHS
Fig. 1 schematically shows the compressor cabin of the outdoor unit of a typical inverter AC. The
controller is vertically located at the boundary of the compressor cabin as shown in Fig.1(a). The
chips with large heat flux, including a compressor intelligent power module (IPM), a bridge, a diode
and an insulated gate bipolar transistor (IGBT), are located at the back side of the controller, as
shown in Fig. 1(b). The four chips generate various heat flux and the heat flux will increase as the
frequency of the inverter AC increases. During the high-frequency operation of the inverter AC, the
plate-fin heat sink cannot efficiently dissipate the heat flux of chips and some chip temperatures will
exceed the limited values. The reason for the limited cooling capacity of plate-fin heat sink are the
contradiction between the fin area and fin efficiency as well as the bad temperature uniformity.
The idea for realizing the efficient cooling of the chips in the controller is to employ a HPHS to replace
the plate-fin heat sink. The HPHS includes several heat pipes, some fins and a cold plate. The root
of fins contact with the cold plate and the heat pipes connect the middle part of fins with the cold
plate. By applying the proposed HPHS, the heat flux of chips is firstly transferred from the cold plate
to the fins through the heat pipes and the contact of fin root in the way of conductivity, and then
dissipated to the outdoor ambience by the forced convection of the air flow from the outdoor fan.
The heat dissipation performance of the proposed HPHS depends on whether the structure of HPHS
is well designed. Thus, the design of the HPHS method includes the design of the HPHS structure
and the simulation analysis of the HPHS structure.
Compressor cabin

Outdoor fan
Compressor
IPM

Controller

IGBT

Air flow
Heat sink

Heat
sink

Diode
Outdoor heat
exchanger

(a) Outdoor unit of inverter air conditioner

Bridge

(b) Chips in the back of controller

Figure 1: Structure schematic of controller in outdoor unit of typical inverter air conditioners
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3. DESIGN METHOD OF HPHS FOR CONTROLLER
3.1.

Design of the layout and the structure of HPHS

The design requirements of HPHS include that HPHS should be installed conveniently in the
compact outdoor unit, and the heat dissipation performance of HPHS should be as good as possible.
Thus, the design of HPHS includes: 1) the layout design of HPHS; 2) the structural design of HPHS.
1) Layout design of HPHS
The layout design of HPHS in the outdoor unit includes the locations of the cold plate, the fins and
the heat pipes. The cold plate contacts with the chips in the controller and the contact interface is
filled with the thermal silicone grease to enhance heat transfer. The fins are located at the windward
side of the outdoor heat exchanger. And the heat pipes connect the cold plate and fins.
2) Structural design of HPHS.
The structural design of HPHS aims at achieving good heat transfer performance of HPHS.
According to the distribution of chips in the controller, Two types of HPHS structures are proposed
in this study, including: 1) the vertical U-type HPHS (VU-HPHS) and 2) L-type HPHS (L-HPHS), as
shown in Fig. 2.
The structure of VU-HPHS is illustrated in Fig. 2(a). One end of the vertical U shaped heat pipes
contacts with the cold plate and this end is treated as the evaporation part; the other end contacts
with the fins and is treated as the condensation part. VU-HPHS has the advantage of high fin
efficiency due to the middle position of heat pipes in the fins. The difficulty for applying VU-HPHS is
that, gravity may hinder the condensed liquid to flow to the evaporation part of the heat pipes,
resulting in little liquid and bad heat dissipation performance at the top of the evaporation part.
The structure of L-HPHS is illustrated in Fig. 2(b). In this type of structure, one end of L-shaped heat
pipes is designed to be horizontal and is treated as the evaporation part; the other end is vertical
and treated as the condensation part. The advantage of L-HPHS is that the gravity can promote the
backflow of the condensed liquid and improve the heat transfer efficiency of heat pipes. The
challenge for applying VU-HPHS is that the installation of L-HPHS requires the controller to be
rotated 90 degrees clockwise so that the large-power chips can contact with the cold plate of LHPHS.
Cold plate

Fins

Fins
Cold plate

Heat pipe
(a) Vertical U-type of HPHS

Heat pipe

(b) L type of HPHS

Figure 2: Structures of two types of heat pipe heat sinks

3.2.

Simulation analysis and comparison of HPHSs

The proposed two types of HPHSs may have different cooling effects on the chips in controller, and
the simulation analysis and comparison have been carried out to obtain the optimal HPHS structure.
The temperature distribution of chips and HPHSs in the controller is simulated based on the CFD
software (ANSYS Icepak 15.0). In the simulation, the heat pipes are simplified as solids with thermal
conductivity of 10000 W×m-1×K-1 (Solomon et al., 2016); and the gravity and thermal radiation are
considered in the air flow and the heat transfer calculation, respectively; the simulation is taken as
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converged when the scaled residuals of the energy equation, the continuity equation, and the
momentum equation are below 10-10, 10-6 and 10-6, respectively.
The simulation results of the chip temperatures under various HPHSs as well as the plate-fin heat
sink are shown in Fig. 3. It can been seen that the VU-HPHS can obviously decrease the chip
temperatures, and the maximum temperature reduction and average temperature reduction are 6.9
o
C and 4.8 oC respectively. The L-HPHS may further decrease the chip temperatures, and the
maximum temperature reduction and average temperature reduction are 7.7 oC and 5.8 oC
respectively. Moreover, both VU-HPHS and L-HPHS can obviously improve the temperature
uniformity of chips, and the max temperature difference among chips are reduced from 13.7 oC to
10.4 oC and 9.5 oC if the plate-fin heat sink is replaced by VU-HPHS and L-HPHS, respectively.
It can be concluded that the VU-HPHS and L-HPHS both have good cooling effectiveness for the
chips in the controller of inverter AC and they will be further validated by experiments.

(a) Plate-fin heat sink

(b) VU-HPHS

(c) L-HPHS

Figure 3: Simulation results of temperature distribution for various cooling methods

4. APPLICATION EFFECT OF HPHS IN AN INVERTER AC
The proposed HPHS method in this study is applied in cooling the controller of a real inverter AC,
and the effect is validated.
4.1.

Prototypical controller and test samples

The structure of the prototype controller in the real inverter AC is shown in Fig. 7. In the prototype
controller, the chips such as the compressor IPM, the bridge, the diode and the IGBT are located at
the back side of the controller as shown in Figs. 4(a) and (c) and they produce a heat flow of
approximate 63W in operation. The test samples of the HPHSs are manufactured based on the
designed structures of HPHSs as shown in Fig. 4(b) and (d), and the detailed structures of the
designed HPHSs are listed in Table 1. The manufacture processes of the HPHSs follow the two
steps shown as below: 1) the evaporation parts of heat pipes are processed into flat shape and
embedded in the cold plate for achieving a large contact area and a small thickness of the cold plate;
2) the contacts between the heat pipes, the cold plate and the fins are all welded for reducing contact
thermal resistance.
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Fins

Heat pipe

Compressor
IPM, 20W
49mm

IGBT, 20W
Diode, 8W

156mm

20mm

Bridge, 15W
Cold plate

20mm

(a) Back side of controller

(b) Test sample of VU-HPHS

Fins

Heat pipe
Bridge Diode
8W
15W

Compressor
IPM, 20W

IGBT
20W

Retaining plate

(c) Back side of controller rotated 90
degrees clockwise

Cold plate

(d) Test sample of L-HPHS

Figure 4: The prototype controller and test samples of HPHSs in a real inverter AC
Table 1. Structure parameters of two types of HPHSs

HPHS types
Diameter / mm
Number
Heat pipe
Evaporation / mm
Condensation / mm
Length / mm
Width / mm
Cold plate
Thickness / mm
Length / mm

Fin

Height / mm
Number
Fin pitch / mm
Area / m2
Fin thickness / mm

VU-HPHS
6.0
4
150.0×4
157.0×4
178.0
59.0
5.0
59.0

L- HPHS
6.0
4
133.0×2+163.0×2
145.0×4
178.0
59.0
5.0
60.0

37.0
52
3.0
0.2270
0.3

48.0
48
3.0
0.2765
0.3

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2284

4.2.

Experimental method

The temperatures of chips are the key parameters to evaluate the heat dissipation performance of a
cooling method for the controller. For verifying the effectiveness of the proposed HPHSs, the
temperatures of chips in the controller with the proposed two types of HPHSs are measured and
compared to those in the controller with plate-fin heat sink. The temperatures of chips are measured
by thermocouples under the maximum operation condition of an inverter AC because the maximum
operation condition enables each chip in the controller to achieve the highest temperature in
operation.
The experiments are conducted in the real operation environment of the inverter AC, and the real
operation environment is realized in the national standard enthalpy difference lab of China. The
controller with various cooling methods are placed in the inverter AC and the temperatures of chips
in the controller are measured by thermocouples. The thermocouples are located in the poor heat
dissipation parts of chips, such as the chip surfaces that do not contact with HPHS. The
measurement error of the calibrated thermocouple is within a range of ±0.2 oC. The experiment is
carried out corresponding to the test standard “T1” of GB/T 7725-2004 (AQSIQ, 2004). The outdoor
ambience varies from 43.0 oC to 50 oC. The inverter AC is operated at full thermal load with the input
power of 1565W and the outdoor fan speed of 900 rpm. The controller with VU-HPHS and L-HPHS
as well as the plate-fin heat sink are tested in the experiment comparatively.
4.3.

Experimental results

Figure 5 shows the experimental results of the temperatures of chips in the controller with VU-HPHS
and L-HPHS as well as the plate-fin heat sink.
From Fig. 5(a), it can be seen that the chip temperatures decrease significantly as the controller is
employing the VU-HPHS. The maximum and average temperature reductions of chips are 6.8 oC
and 5.2 oC, respectively. Moreover, VU-HPHS has little improvement for the temperature uniformity
of chips. The possible explanation for this phenomenon is that the gravity affects the liquid flow inside
the U-shaped heat pipe, resulting in the uneven heat dissipation performance at various positions of
VU-HPHS.
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Figure 5: Experimental results of various cooling methods under various ambient temperatures
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The cooling performance of L-HPHS is better than that of VU-HPHS and plate-fin heat sink. After
employing L-HPHS, the average temperature of chips are 7.9 oC and 2.7 oC lower than that
employing plate-fin heat sink and VU-HPHS, respectively. Besides, L-HPHS can significantly
improve the temperature uniformity of chips, making the maximum temperature difference among
the chips less than 8.0 oC. The possible explanation for the efficient cooling performance of L-HPHS
is that the gravity promotes the liquid flow inside the L-shaped heat pipes.
From Figs. 5(b) and 5(c), it can been seen that the chip temperatures increase with the increase of
ambient temperature and the VU-HPHS and L_HPHS still have good cooling performance under
high ambient temperature. The average temperatures of chips decrease by 6.0 oC and 9.1 oC
respectively after employing VU-HPHS and L_HPHS under the ambient temperature of 46 oC, and
the average temperature decreases are 6.2 oC and 9.3 oC respectively under the ambient
temperature of 50 oC.

5. CONCLUSIONS
A HPHS cooling method is proposed and designed in this paper to realize the efficient heat
dissipation of the controller during the high-frequency operation of an inverter AC. The heat
dissipation performance of the proposed method is verified by measuring the temperatures of chips
inside the controller and then compared with the plate-fin heat sink. The following conclusions are
obtained from the designed and experimental results:
1) The application of the HPHS can efficiently dissipate the heat flux of chips in the controller to the
outdoor ambience. Two types of HPHS, including U-type and L-type, are recommended to achieve
the optimal cooling effectiveness of HPHS.
2) The heat dissipation performance of the proposed HPHS is better than that of plate-fin heat sink.
The average temperature of chips decrease by 5.2 oC and 7.9 oC respectively after employing VUHPHS and L-HPHS under the ambient temperature of 43 oC, and the temperature decreases are 6.2
o
C and 9.3 oC respectively under the ambient temperature of 50 oC.
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NOMENCLATURE
P
input power of air conditioner, W
Rs
outdoor fan speed, rpm
Ta
ambience temperature, K
Abbreviations
AC
air conditioner
CFD computational fluid dynamics

HPHS
IPM
IGBT
L-HPHS
VU-HPHS

heat pipe heat sink
intelligent power module
insulated gate bipolar transistor
L-type heat pipe heat sink
vertical U-type heat pipe heat sink
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ABSTRACT
Heat generation of datacenters becomes larger and larger because of the improvement of
operational performance of equipment and the expansion of datacenter scale. Two-phase closedloop thermosyphon system as a new type of cooling system, which has a large cooling capacity, has
gotten a widespread attention. This paper investigates experimentally heat transfer performance of
a closed-loop thermosyphon system by testing under different mass concentrations, heating and
cooling scenarios. The system, filled with microencapsulated phase change material suspension
(MPCMS), contains heating, cooling and adiabatic sections. The result shows that the convective
heat transfer coefficient at the heating section inlet with 0.5% MPCMS is twice as much as that of
base fluid. Hence, a closed-loop thermosyphon system with MPCMS is an effective scheme to
enhance the performance of the cooling system.
Keywords: Cooling Capacity, Phase-change Material, Thermosyphon, Two-Phase Flow.

1. INTRODUCTION
The large-scale and high-performance of electronic equipment lead to an increase in requirement
for cooling capacity of air-conditioning cooling system. As a conventional cooling technology, Air
cooling technology (Li and Kandlika, 2015) which has maximum heat dissipation capacity of 37
W/cm2 (Saini and Webb, 2002) and water cooling technology (Khalaj and Halgamuge, 2017) which
transfers heat only by sensible heat are slightly inadequate in heat dissipation when dealing with
super-high heat flow. A new cooling system, incorporating thermosyphon into a traditional
refrigeration system which has become a hot topic in HVAC (Heating, Ventilating and AirConditioning) recent years, can be switched to the optimal operation mode according to different
outdoor working conditions and heat dissipation requirements of datacenters.
Phase-change material, absorbing or releasing a large amount of latent heat when phase change
occurs, can have greater cooling capacity. The closed-loop thermosyphon system is mostly filled
with gas-liquid phase-change material (Bodjona et al., 2017 and Lamaison et al., 2017), which has
the complex boiling process. MPCMS (Microencapsulated Phase Change Material Suspension) as
a solid-liquid phase-change medium can solve the poor thermal stability, the larger volume changes,
the determination of the optimal filling rate and other problems which are caused by gas-liquid phasechange medium. However, the existing experimental investigations were mainly focus on heat
transfer characteristics of MPCMS in straight tube sections, such as Chen, B., et al. (2008), Song et
al. (2014), Roberts et al. (2017) and so on. The experimental results showed that the heat transfer
capacity of MPCMS was better than that of single-phase fluid significantly. Also, there were a few
investigations of closed-loop thermosiphon system with MPCMS. Ho et al. (2014) investigated
experimentally the thermal performance of a rectangular circulation loop with a mini-channel heat
sink and source, filled with different concentration of nanocapsule suspensions. There is another
structural form for the heating section of the system. Lamoureux and Baliga (2013) carried out an
experiment with a heating section that the copper tube is tightly wound around by heating wire, and
validated the proposed mathematical models. They did not report a detailed parametric study on
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closed-loop thermosyphons operated with MCPCM slurries, especially the effect of cold source
temperature on performance of the system.
Hence, there are a few experimental data about the closed-loop thermosiphon system with solidliquid phase-change material currently. This paper studies experimentally heat transfer performance
of a closed-loop thermosyphon system which is filled with different mass fractions of MPCMS and
conducted a test under different heating and cooling scenarios.

2. EXPERIMENT
2.1.

Preparation and Properties of MPCMS

MPCMS is a solid-liquid multiphase heat transfer fluid, prepared by mixing microencapsulated phase
change material (MPCM) particles with traditional single-phase fluid. The MPCM particles, which
have been purchased from Changzhou Meisheng Biomaterials Co., Ltd, have a core of paraffin
enclosed in a thin solid shell made of the melamine-formaldehyde resin. The MPCM particles, which
the average volume particle diameter is about 5 µm, are used to formulate the MPCMS with the
mixture of deionized water and anhydrous ethanol as the base fluid. The melting and freezing
characteristics and the latent heat of fusion of the MPCM particles are determined by differential
scanning calorimeter. DSC measurements are undertaken with a heating rate of 5 °C/min and
temperature range of 0-50°C. The corrected melting point, heating peak, freezing point, cooling peak,
heating enthalpy and cooling enthalpy are 29.9°C, 34.5°C, 23.4°C, 18.2°C, 125.4 J/g, and 112.6 J/g,
respectively.
The mixture-based microfluids dispersed with various mass fractions of the MPCM particles ranging
from 0.1 to 2.0 wt.% are prepared for the present study. The following steps are adopted to prepare
the MPCMS: (1) weighing the required amount of the MPCM particles, and adding them to the mixed
base fluid which is conducted with the base fluid of anhydrous ethanol mass fraction 46 wt.%. (2)
stirring the mixture of MPCM and the base fluid at 600 r/min with a magnetic stirrer for more than 30
min at room temperature, and then, dispersing MPCM into the base fluid more homogeneously with
ultrasonic cleaner at 53 Hz for 30 min below the melting temperature of the phase change material.
MPCM in the finished samples can remain in suspension for longer than one month by static
observation.
2.2.

Experimental Apparatus

The natural circulation loop constructed and measuring point distribution are schematically illustrated
in Fig. 1. The system contains heating, cooling and adiabatic sections. And the major equipments
for the system operation are a diaphragm pump, a DC power supply, a constant temperature bath
and a data acquisition system. Adiabatic sections of the circulation loop are made of stainless steel
pipe with an inner diameter of 10 mm and a wall thickness of 2 mm. The heating section is formed
that nichrome heating wire is tightly wound around the outer surface of the 30 mm copper tube.
Electrical power input (from a DC power supply) to this nichrome wire coil is used to obtain an
essentially uniform heat flux on the outer surface. The cooling section is fabricated with the 500 mm
long double pipe heat exchanger. The inner tube of the heat exchanger has an inner diameter of 10
mm and a wall thickness of 2 mm. And its outer tube has an outer diameter of 32 mm and a wall
thickness of 1.5 mm. For considering the thermal expansion effect of suspension, an expansion
chamber is set at the top of the experimental system to ensure that the system is always full of slurry
and does not spill over. To further minimize the heat loss to (or gains from) the ambient environment,
the outer surface of the closed-loop thermosyphon is wrapped with the Armaflex insulation layer of
24 mm in thickness. The heating section is insulated with two layers of Armaflex insulation.
For analyzing thermal transport capacity of the closed-loop thermosyphon system under different
working conditions, PT-100 temperature sensors are used to record the temperature changes of the
system. Before experimental testing, temperature sensors have been calibrated by using constant
temperature bath and high precision thermometer. The working fluid is mainly driven by density
difference and volume expansion caused by temperature difference. Hence, velocity of the working
fluid is very small. So as not to add the flow resistance of the pipeline, the calibrated PT-100
temperature sensors are placed in the grooves about 1 mm deep which are polished at the
measuring point of stainless steel pipes. Eight PT-100 temperature sensors are fixed on the grooves
by thermal conducted and electrical insulated silica gel. Four sensors of them are put at the inlet and
outlet of the heating and cooling sections. For observe variations of the temperature along the way,
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a measuring point which is marked as 4# is set at the adiabatic section. Another temperature sensor
is set on the heating wire to monitor the maximum heating temperature of the system in real time.
Two sensors are used to record the inlet and the outlet of the constant temperature bath. The ninth
temperature sensor is put in the air for recording ambient temperature changes. The measurement
error of the temperature sensors is less than 0.15°C.
The working fluid (distilled water or MPCM suspension) is pumped from beaker and flows through
the loop. It is stopped when the working fluid reach the middle of the expansion chamber to ensure
that the loop of the thermosyphon is always full of fluid. The working fluid is heated at a certain power
when proceeding to the heating section where heating wires provide uniformly distributed heat flux.
The heat flux provided to the heating section must guarantee complete phase change when the
working fluid is MPCMS, so that the difference between the inlet and the outlet temperatures is
noticeable and higher than the PT-100 uncertainty. Then, the heated fluid flow through the inside of
the inner pipe of the double-pipe heat exchanger, and exchange heat with the cooling water supplied
from the constant temperature bath which flow through the annulus. Thus, the working fluid which is
driven by density and system height difference circulates in the closed-loop thermosyphon system.
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Figure 1: Schematic of the experimental setup and measuring point distribution

3. RESULTS AND DISCUSSION
Heat transfer characteristics of the closed-loop thermosyphon system are compared by changing
the heating power of the heat source, the temperature of the cold source and the mass concentration
of MPCMS. The heating powers are 10, 20 and 30 W. Temperatures of the cold source are 22, 24,
26, 28, and 30°C. As the working fluid, Base fluid and MPCMS are prepared through the above
preparation steps. The mass fractions of the formulated MPCMS are 0%, 0.1%, 0.2%, 0.5%, 1.0%
and 2.0%. The start-up characteristics of the system and axial distribution of the wall temperature
are illustrated primarily. The heat transfer performance of the closed-loop thermosyphon system are
analyzed by comparing the temperature of the heating wire Th, the loop system thermal resistance
Rsys, the heat-transfer thermal resistance of working fluid Rf and the convective heat transfer
coefficient at the heating section inlet Hh,in for different working conditions.
The start-up characteristics of the system are analyzed by observing temperature changes of each
measuring point which is recorded by the data acquisition system. MPCMS with mass fraction of 0.5%
is taken as an example to illustrate the start-up characteristics of the system. The trends of the wall
temperature for various heating powers (10, 20 and 30 W) under a cold source temperature of 28°C,
as shown in fig.2. Fig. 2(b) presents that the partial enlarged detail of temperatures varies with time
when increasing heating power from 10 W to 20 W.
On the one hand, the temperature of the heating section outlet increases quickly when the DC power
supply is switched on and the heating power is increased suddenly. The density difference of the
MPCMS between heating and cooling sections increases with increasing in the temperature
difference between them. Thereby, the driving force, generated by the density difference and the
system height difference, makes the MPCMS start running in the system. On the other hand, the
temperature of 3# rises first when MPCMS flow through the heating section with increasing in heating
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power suddenly, as shown in Fig. 2(b). Subsequently, temperatures of 4# and 5# rise along the flow
direction sequentially. Variations of temperature of the above three measuring points (3#, 4# and 5#)
indicate that the system is started successfully. When the system is running stably, the temperature
difference between the heating section inlet and the cooling section outlet is small. It proves that the
insulation effect on the loop is better, and the heat loss is small from the loop to the ambient
environment.
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Figure 2: The trends of the wall temperature for various heating powers (10, 20, 30 W) under a
temperature of the cold source of 28°C and MPCMS of 0.5%

When the experimental system operates in stable state, the wall temperature distribution of the
system loop is analysed for 0% and 0.5% suspensions under various heating powers (10 ,20, 30 W)
and a temperature of the cold source of 22°C (Fig.3). The four dashed lines in the figure divide the
loop into five sections along the flow direction. They are the adiabatic section, the heating section,
the adiabatic section, the cooling section and the adiabatic section. The first adiabatic section begins
at the lower-right corner of the system loop and is recorded as xloop=0. xloop values of the first adiabatic
section before the heating section are 0-0.03212. xloop values of the heating section are 0.032120.03926. xloop values of the second adiabatic section between the heating section and the cooling
section are 0.03926-0.55553. xloop values of the cooling section are 0.55553-0.67450. xloop values of
the last adiabatic section after the cooling section are 0.67450-1.0000. An xloop value of 1.0000
represents a return to the starting point of the loop.
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Figure 3: Axial distribution of the wall temperature for 0% and 0.5% MPCMS under various heating
powers (10, 20, 30 W) and a temperature of the cold source of 22°C

When the working fluid flows through the heating section, the wall temperature of the heating section
outlet is higher than inlet. Temperature of measuring point 3#, 4#, 5# which are in the second
adiabatic section decreased slightly, possibly due to a small amount of heat loss. When the working
fluid flows through the cooling section, the wall temperature quickly decreased to the set temperature
of the cold source. At last, the working fluid enters into the heating section circularly. The wall
temperature of the heating section inlet in the first adiabatic section which is before the heating
section is little higher than the cooling section outlet, due to axial heat conduction. It may because
temperature sensor of the heating section inlet closes to the heating section. From Fig.3, it can also
get the same law of the wall temperature changes for different working conditions.
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Cooling effect of the closed-loop thermosyphon system with MPCMS can evaluated by the
temperature of heating wire (Th). The comparison of Th for different MPCMS is shown in Fig. 4 when
the system runs in the steady-state.
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Figure 4: The measuring point temperature of the heating wire with various temperatures of the
cold source (22, 24, 26, 28, 30°C) for various MPCMS (0%, 0.1%, 0.2%, 0.5%, 1.0%, 2.0%) and heating
powers (10, 20, 30 W)

Fig.4(a) presents that Th with 0.1%, 0.2%, 0.5% and 1.0% suspensions are lower than the base fluid
under various temperatures of the cold source and heating power of 10 W. Th with 0.1% suspension
at 10 W are the lowest when the temperature of the cold source is less than 26°C. The experimental
data show that the difference in Th among 0.1% 0.2% and 0.5% MPCMS is very small at 10 W/26°C
and 10 W/28°C (heating power/cold source temperature). When the temperature of the cold source
grows to 30°C, Th with 0.5% suspension is the lowest. In addition, Th with 2% suspension at 10 W is
lower slightly than that of base fluid when the temperature of the cold source is higher than 26°C.
Fig. 4(b) indicates that Th with 1.0% and 2.0% suspensions under various temperature of the cold
source and heating power of 20 W are higher than the base fluid. It illustrates that heat transfer
performance of 1.0% and 2.0% suspensions is not as good as that of the base fluid. Th with 0.1%,
0.2% and 0.5% suspensions are lower than the base fluid. And Th decreases with increasing in mass
fraction of MPCMS from 0.1% to 0.5% under the temperature of the cold source of 22 and 24°C. Th
with 0.1%, 0.2% and 0.5% suspensions at 20 W/26°C, 20 W/28°C and 20 W/30°C do not exhibit
large differences from each other. So, the best cooling effect is achieved when the working fluid is
0.5% suspension with heating power of 20 W. Fig.4(c) illustrates that Th with 1.0% suspension is
lower than the base fluid when heating power is increased from 20 W to 30 W. Th with 0.1%, 0.2%,
0.5% and1.0% suspensions are lower than the base fluid. And Th with 0.5% suspension is the lowest
under different temperature of the cold source. Th with 1.0% suspension is slightly lower than 0.2%
suspension. In summary, the result here is accordant with Ho et al. (2014), that 0.5% MPCMS is most
prominent in the hot wall temperature reduction considering the influence of the heating power and
cold source temperature.
The loop system thermal resistance (Rsys) is shown in Eq. (1).

Rsys 

Th  Tc
qh

Eq. (1)

where qh is the total heating power in W, Th is the temperature of the heating wire in °C, and Tc is
the cold source temperature in °C. Fig. 5 shows the loop system thermal resistance for different
working conditions, which are calculated by Eq. (1).
Physical meaning of the Rsys is the strength of heat transfer capacity. When the system is at the
same cooling conditions, the thermal resistance of the system Rsys increases with decreasing in the
temperature of the heating source at the same heating power. It indicates that the heat-transfer
capacity of the loop is stronger. Different mass fractions of MPCMS at 20 W/22°C are taken as an
example to illustrate heat transfer characteristics of the system. It shows that the temperature of the
heating wire Th is the lowest with the 0.5% suspension and the loop system thermal resistance Rsys
is the smallest, combined Fig. 4(b) with Fig. 5(b). Hence, under 20 W/22°C condition, the closedloop thermosyphon system with 0.5% suspension has the stronger heat transfer capacity, compared
with other suspensions (0%, 0.1%, 0.2%, 1.0% and 2.0%). The thermal resistance of the loop system
Rsys decreases with increasing in the temperature of the cold source for the same MPCMS and
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heating power. The resistances at 30 W are lower than those at 20 W for the same MPCMS and the
temperature of the cold source. The heat-transfer capacity of the closed-loop thermosyphon system
increases with decreasing in the thermal resistance of the loop system, and it has the best capacity
with 0.5% MPCMS.
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Figure 5: Variations of the loop system thermal resistance Rsys with various temperatures of the
cold source (22, 24, 26, 28, 30°C) for various MPCMS (0%, 0.1%, 0.2%, 0.5%, 1.0%, 2.0%) and heating
powers (10, 20, 30 W)

The heat-transfer thermal resistance of working fluid (Rf) is shown in Eq. (2).

Rf 

Th,out  Tc,out

Eq. (2)

qh

where Th,out is the temperature of the heating section outlet in °C, and it represents the maximum
temperature of the working fluid in the heat transfer process. Tc,out is the temperature of the cooling
section outlet in °C, and it represents the minimum temperature of the working fluid. Fig. 6 shows
the heat-transfer thermal resistance of working fluid for different working conditions, which are
calculated by Eq. (2).
Under the same temperature of the cold source, the heat-transfer thermal resistances of working
fluid (Rf) for various MPCMS at 10 W are totally greater than Rf at 20 W which is completely greater
than those at 30 W. Rf decreases with increasing in heating power for the same MPCMS and cooling
conditions. And the resistances have a downward trend with increasing in the temperature of the
cold source. It indicates that the heat-transfer capacity of the working fluid is stronger and the loop
system has a better uniformity of temperature with the lower resistances.
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Figure 6: Variations of the heat-transfer thermal resistance of working fluid Rf with various
temperatures of the cold source (22, 24, 26, 28, 30°C) for various MPCMS (0%, 0.1%, 0.2%, 0.5%,
1.0%, 2.0%) and heating powers (10, 20, 30 W)

The convective heat transfer coefficient at the heating section inlet (Hh,in) is shown in Eq. (3).

Hh,in 

qh
A(Th  Th,in )
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where Th,in is the temperature of the heating section inlet in °C. A is the inner surface area of circular
tube. Fig. 7 shows the convective heat transfer coefficient at the heating section inlet for different
working conditions, which are calculated by Eq. (3).
Under the same temperature of the cold source, the convective heat transfer coefficients at the
heating section inlet (Hh,in) for various MPCMS at 30 W are totally greater than the coefficients at 20
W which is completely greater than those at 10 W. Hh,in increases as the heating power increases.
In addition, Hh,in has an upward trend with increasing in the temperature of the cold source. Hh,in with
0.5% MPCMS is twice as much as that of base fluid under different working conditions.
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Figure 7: Variations of the convective heat transfer coefficient at the heating section inlet Hh,in with
various temperatures of the cold source (22, 24, 26, 28, 30°C) for various MPCMS (0%, 0.1%, 0.2%,
0.5%, 1.0%, 2.0 %) and heating powers (10, 20, 30 W)

The concentration of MPCMS is relatively low in the system test. The convective heat transfer of 0.5%
MPCMS in the system has a better effect compared with other MPCMS. For a given heating power,
0.1%, 0.2% and 0.5% suspensions can reduce the hot-wall temperature, the loop system thermal
resistance and the heat-transfer thermal resistance of working fluid, and increase the convective
heat transfer coefficient at the heating section inlet. When mass fraction of the MPCM particles
increases to 2.0%, the heat transfer performance of the system with the base fluid is better than that
with 2.0% MPCMS. Viscosity of MPCMS increases with increasing in mass fraction of the MPCM
particles. The lower thermal conductivity of MPCMS and the higher flow resistance which are caused
by viscosity may influence heat transfer characteristics of the closed-loop thermosyphon system with
high concentration of MPCMS.

4. CONCLUSIONS
The heat transfer characteristics of the closed-loop thermosyphon system with the base fluid and
different MPCMS are experimentally investigated. The major findings can be summarized as follows:
(1) MPCMS can lower the wall temperature of the heating section and enhance the heat transfer
performance of the system compared with the base fluid, except some cases with 2.0% MPCMS
and with 1.0% MPCMS at 20 W.
(2) For a given heating power, the thermal resistance of the loop system decreases with an increase
in the temperature of the cold source. The temperature of the cold source which is approaching
phase-change temperature could make the system have a better heat transfer capacity with lower
resistances.
(3) For a given the temperature of the cold source, the heat-transfer thermal resistance of working
fluid decreases with increasing in heating power. For a given heating power, the resistances have a
downward trend with increasing in the temperature of the cold source. The loop has a better
uniformity of temperature with the lower resistance.
(4) For a given the temperature of the cold source, the convective heat transfer coefficient at the
heating section inlet increases as the heating power increases. For a given heating power, the
convective heat transfer coefficient at the heating section inlet has an upward trend with increasing
in the temperature of the cold source.
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NOMENCLATURE
Tc
Tc,out
Th
Th,in
Th,out
Rsys
Rf
Hh,in

the temperature of the cold source (°C)
the temperature of the cooling section
outlet (°C)
the temperature of the heating wire (°C)
The temperature of the heating section
inlet (°C)
the temperature of the heating section
outlet (°C)
the loop system thermal resistance
(K×W -1)
the heat-transfer thermal resistance of
working fluid (K×W -1)
the convective heat transfer coefficient
at the heating section inlet (W×m-2×K-1)

qh

heating power (W)

Subscripts
h

heating

c

cooling

in

heating or cooling section inlet

out

heating or cooling section outlet

sys

loop system

f

working fluid
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ABSTRACT
Motivated due to boosting shares of renewable energy resources and the associated need for
demand side flexibility, electrical driven refrigeration systems can specifically supply capacities
through adequate use of cold-water energy storage. Therefore, a model predictive control
approach is presented, mainly focusing on a simplified model to estimate the useable amount of
the storage capacity. Aim of this investigation is to identify the influence of the uncertainties by this
estimation. Using a simulation model of a cold-water refrigeration system a sensitivity analysis is
performed. Based on synthetic incentive signals, various load shifting scenarios are represented
and the feasibility of the suggested cooling supply schedules is evaluated. The examination of
necessary schedule corrections by a basic plant control as well as the utilization of the incentive
signals show a distinct dependence on the model accuracy.
Keywords: Energy Storage, Simulation, modelling, Thermal Analysis, Control (Automatic), indirect
system

1. INTRODUCTION
1.1.

Background

The aim to incorporate highly distributed renewable energy resources into the electrical grid
involves new requirements for the energy management in buildings.
With regard to building automation, concepts such as smart grids require a system approach that
goes beyond the consideration of the appropriate interplay of room and plant controls, i. e., future
buildings should be considered as embedded energy systems in a wider context. In addition to
established objectives such as a high energy efficiency and a comfortable climate in buildings, a
grid supportive building operation is expected to be a new but increasingly significant automation
functionality. Such a functionality implies an optimized energy interaction with the electrical grid,
dependent on the local electricity supply by means of load shaping measures, i. e., increasing
electricity demand in times with a high supply and vice versa.
Motivated by utility control, Gellings (1985) early defined major measures for demand side
management to adjust the electrical load shape, e. g., through peak clipping, valley filling, load
shifting, strategic conservation, etc. Originally, the application of these methods was utility-driven
and either dedicated for energy-intensive industrial processes or reserved for simple control
measures combined with robust energy systems.
Due to the highly volatile energy supply of solar and wind power plants, the future demand for
electrical flexible energy consumption will probably not only increase significantly, but is also
expected to be much more dynamic and decentralized. The associated complexity cannot be
handled by the utility alone, thus a certain shift of the control task to the demand side is necessary.
Therefore, much more sophisticated optimization and communication methods are required on the
demand side, as well as dynamic incentives to motivate changes in the consumer load profiles. For
this purpose, Vardakas et al. (2015) define such much more dynamic programs as Demand
Response and as a subset of the DSM.
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1.2.

Utilization of Thermal Energy Storage in Refrigeration Systems – State of the Art

Electrical driven refrigeration systems as those widely used for instance in air conditioning systems
or in industrial cooling applications are a relevant electrical consumer type in non-residential
buildings. Especially, due to their thermal capacity those systems offer noticeable flexibility
potential for demand response programs. Many investigations concern the flexibility resource
associated with the optimal operation of a thermal energy storage system (TES).
Arteconi et al. (2012) thoroughly distinguish between different types of TES, summarise their state
of art and indicate their significance for DSM. Further, they refer to other literature that investigates
proper thermal stratification of water based TES and its influence on storage efficiency.
Particularly, the characteristic of the thermocline is of special interest in this type of investigations.
For instance, Karim (2011) exposed the impact of diffuser design and layout on the thermocline
shape of the thermal stratification through an experimental study with different flow rates for
charging and discharging a TES. A sophisticated review on further methods to characterize
thermal stratification is provided by Haller et al. (2009).
Due to the ability to consider predictions of important system inputs and the possibility to integrate
system knowledge into an optimization model, model predictive control (MPC) is very well suited to
optimally use the flexibility in a TES. There are numerous investigations in this context. However,
many of them are focused on determining the economic potential of a suggested MPC approach,
without addressing its model uncertainties and the integration into an existing automation system,
e. g. Arteconi et al. (2017). Partly, the designed MPC approach is not applicable for
implementation, because of the ambitious non-linear model formulation, for instance in Hovgaard
et al.(2012).
In contrast, Ma et al. (2012) attached importance to making the proposed MPC approach as simple
and robust as possible for implementation. In particular, the model of the TES is cleverly simplified
by a four state formulation and shows good results compared to experimental studies.
1.3.

Issue of this study

This study presents an MPC approach aimed at exploiting the given flexibility potential of a coldwater refrigeration system, in particular through the adequate use of a TES in the form of a coldwater storage tank. Compared to the cited literature, the influence of model uncertainties within the
MPC algorithm is investigated by means of a simulative sensitivity analysis over a detailed one-day
analysis period.

2. SYSTEM DESCRIPTION
2.1.

Overview

This section shows the system structure considered in this study and gives an overview of the
essential system components and their interactions. With regard to the automation structure, the
system can be divided into low and high-level control hierarchies, whereby the high level hierarchy
is also separated into a control (HLC) and scheduling (HLS) unit, see Fig. 1.
At the low-level hierarchy, the refrigeration system contains the thermodynamically interacting
process components and the low-level controller, e. g. PID control. Low-level controllers are
responsible for dedicated control tasks of individual components, e. g. for temperature control in
the cold water circle by adjusting the mixing ratio in a three-way valve. The basic plant control unit
arranged in the high-level hierarchy coordinates the switching sequences and continuously
maintains significant system temperatures via a simple bang-bang control of the main cooling
components, e. g. through actuation of the compressor, pumps and ventilator units.
The proposed Model Predictive Control unit (MPC) is implemented in the high-level hierarchy
above the basic plant control, which forwards relevant system states, see Fig. 1. The purpose of
the MPC is to provide optimal schedules for the capacity control of the refrigeration plant by using
an incentive signal containing the information at which times it is favorable or unfavorable to
consume electricity or, in the case of the compression chillers considered here, to supply cooling
energy. Compared to the outputs of the High-Level Control (HLC), the predicted schedules (HLS)
are not obligatory for safe plant operation. Rather, they are to be understood as a proposal, which
in the best case, is completely adopted by the basic plant control. Schedule inaccuracies resulting
from the forecast uncertainty of the MPC are absorbed by the basic plant control. This ensures that
the cooling demand and the required system temperatures are maintained at all times.
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Figure 1: Comparison of the considered system and the depicted simulation model

Further information on the functionality and structure of the proposed MPC approach is given in
section 2.2. A description of the depicted simulation model is given in section 2.3.
2.2.

Model Predictive Control Approach

Based on the automation concept introduced by Pfeiffer and Becker (2018), the main system
components of the proposed MPC are shown in Fig. 2 a).
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Figure 2: Essential elements of the proposed MPC approach

The basic concept contains a receding horizon control strategy which triggers the scheduling
algorithm by a constant optimization cycle time to calculate an optimized schedule for a given
prediction time horizon, e. g. for predicting 24 hours based on the start time of each optimization.
The scheduling function mainly comprises simplified prediction models and an optimization
algorithm. Essential for an optimized schedule are the prediction of the expected cooling load, the
expected energy efficiency of the refrigeration plant and the estimated dynamics of the TES tank.
The optimization method used with the underlying MATLAB® algorithm and their relationships to
the simplified models are discussed in further detail by Bachseitz et al. (2019).
Fig. 2 b) shows the simplified model of a TES as used in the proposed MPC. As it is shown, the
assumed inlet temperatures into the storage tank at the top and bottom, here given as 6 and
12 °C, result in a maximum storage capacity proportional to the area between these constant
temperature functions. In the following, it is assumed that this maximum area or capacity is
reduced to a useable amount of energy under real operation criteria and through the resulting

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2298

temperature functions in a fully charged (TTES,chg) and discharged (TTES,dis) state. In this study the
temperature profile TTES,chg is simply assumed to be constant, as depicted in Fig. 2 b). Additionally,
the current state of charge (SOC) of the TES is estimated on the basis of the current temperature
distribution TTES,cur and the correlation from Eq (1), before each schedule optimization.
𝑆𝑆𝑆𝑆𝑆𝑆 = 1 −

𝑄𝑄𝑇𝑇𝑇𝑇𝑇𝑇,𝑐𝑐𝑐𝑐𝑐𝑐
𝑄𝑄𝑇𝑇𝑇𝑇𝑇𝑇,𝑝𝑝

= 1−

𝐻𝐻

𝑇𝑇𝑇𝑇𝑇𝑇 𝑇𝑇
𝐴𝐴𝑇𝑇𝑇𝑇𝑇𝑇 𝜌𝜌𝑤𝑤 𝑐𝑐𝑝𝑝,𝑤𝑤 ∫𝑥𝑥=0
𝑇𝑇𝑇𝑇𝑇𝑇,𝑐𝑐𝑐𝑐𝑐𝑐 (𝐻𝐻)−𝑇𝑇𝑇𝑇𝑇𝑇𝑇𝑇,𝑐𝑐ℎ𝑔𝑔 (𝐻𝐻)𝑑𝑑𝑑𝑑

𝑓𝑓𝑢𝑢𝑢𝑢,𝑝𝑝 𝑄𝑄𝑇𝑇𝑇𝑇𝑇𝑇,𝑚𝑚𝑚𝑚𝑚𝑚

Eq. (1)

Given by the ratio of the current thermal energy in the TES (QTES,cur) to the predicted useable
thermal energy (QTES,p). While the predicted useable energy is assumed as a predicted constant
fraction (fue,p) of the maximum capacity (QTES,max).
The expected cooling load and energy efficiency of the refrigeration plant are assumed to be given
in this study.
2.3.

Simulation model

The depicted simulation model contains a refrigeration plant, a cold-water circle including a thermal
energy storage filled with cold water, a consumer unit, a basic plant control and the introduced
MPC unit. Fig. 3 shows the structure of the model with its main components, their principle
interaction and their assignment to the control hierarchies introduced in section 2.1.
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Figure 3: Structure of the simulation model

The physical phenomena of the considered refrigeration system components are modeled on
various degrees of fidelity.
The TES is represented by a 200-layer model from the MATLAB® SIMULINK® toolbox extension
CARNOT© and respects the essential thermodynamic effects by a numerical finite volume
calculation, i. e. forced convection, conduction between adjacent storage layers and thermal heat
gains (cold losses) by heat transmission over storage walls, according to the model developer
Solar-Institute Jülich (2018). The observed dynamics of the TES model showed satisfactory
agreement with measurement results provided by Karim (2011). Only minor deviations are found,
which may be caused by differences between the experimental setup and the ideal simulation
model.
In contrast to the sophisticated TES model, the cooling supply and consumer sides are considered
in a simplified mathematical description, by one basic equation for the thermal heat flow and a
predefined, i.e. ideally controlled, water outlet temperature for each component (refrigeration
plant/consumer). This means 6 °C for Trp,out when refrigeration plant is active and 12 °C for Tc,out
when cooling load is present. The cooling load is considered constant at 3 kW. The electrical load
and cooling capacity of the refrigeration plant is represented by a proportional correlation to the
control signal (cs) and by a constant coefficient of performance (COP). The control signal (cs)
which originates either by the basic plant control or by the schedule (sched) of the MPC has a
value range between 0 and 100 %. This is expressed in a range for the cooling capacity of the
refrigeration plant (𝑄𝑄̇ o) between 0 and 6 kW. The water inlet temperature in the refrigeration plant
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(Trp,in) and the consumer unit (Tc,in) are each calculated by the mass flow balances at the respective
mixing nodes.
The MPC unit gets at each start of the schedule optimization the current temperature profile of the
TES as function of the 200 depicted storage layers (TTES = f(H)) and the assumed incentive signal.
Based on this, the schedule (sched) for the refrigeration plant will be determined as described in
section 2.2. The basic plant control receives the schedule trajectory (timeseries reaching up to the
next optimization step) as well as the current upper and lower storage temperature measurements
(TTES,u / TTES,l) as input and decides whether the schedule is valid to the temperatures limits for the
upper and lower measurement (TTES,u / TTES,l). The limit temperatures are used as follows:
the refrigeration plant is activated when the lower temperature measurement (TTES,l) exceeds the
preset limit value (TTES,l,thr) (TES is fully discharged) and is deactivated when the upper
temperature measurement (TTES,u ) falls below the second limit value (TTES,u,thr) (TES is fully
charged). Fig. 2 b) shows the resulting temperature profiles for a fully charged and discharged TES
defined by the threshold value 7 °C for each of both limits (TTES,u,thr/TTES,l,thr.).

3. RESULTS
3.1.

Simulation Scenarios

Based on the description of the simulation model in section 2.3, each scenario defined below is
represented by the parameter set in Table 1.
𝑄𝑄̇𝑐𝑐
3 kW

𝑄𝑄̇𝑜𝑜,𝑚𝑚𝑚𝑚𝑚𝑚
6 kW

COP
3.23

Table 1: Simulation parameters

VTES
2.2 m³

Trp,out
6 °C

Tc,out
12 °C

TTES,l,thr
7 °C

TTES,u,thr
7 °C

Several sequential charging and discharging cycles of the TES, each with a constant thermal
energy flow of 3 kW, have shown in a preliminary study that the value of the useable thermal
energy of the TES changes only negligibly under these uniform conditions. Therefore, the
determined value of 12.3 kWh can be considered as a reasonable baseline value. Translated to
the theoretical potential for shifting the electrical refrigeration plant peak load, this corresponds to
four hours of continuous charging or discharging the TES at 3 kW thermal heat flow.
However, only a suitable incentive signal invokes the motivation to use this given load shifting
flexibility. This requirement is met by specifying an incentive signal with a recurrent sequence of
two value levels, i. e. a high and low incentive, and a cycle time of eight hours (duration of a high
and low value pair). This scenario Arteconi (2012) defines as full storage (FS) strategy, as the
entire peak load can be shifted to off-peak hours (here equivalent to a high incentive). In the
subsequent parameter analysis this scenario is named as “Quasi Perfect Design”, as the system
design technically fits almost perfect to the introduced incentive signal.
In addition to this scenario, it is distinguished between two other incentive scenarios as input signal
for the MPC, with the same two-level value characteristic but various cycle times. Examined are an
incentive signal with a cycle time of four hours and another one with twelve hours. In relation to the
given load shifting flexibility, these scenarios can be classified as an “Oversized TES” (in case the
incentive cycle time is four hours) and an “Undersized TES” (in case the incentive cycle time is
twelve hours) respectively. Each of the considered incentive signals start with a high incentive
value. Further, the optimization cycle time of the proposed MPC is selected equivalent to half the
cycle time of the assumed incentive signal of each scenario.
In the following section, the influence of the useable energy model of the TES within the MPC on
the feasibility of the predicted schedule is investigated by means of varying the predicted value
from the baseline value of 12.3 kWh.
3.2.

Sensitivity analysis

Fig. 4 shows the results from three parameter variations for the predicted usable thermal energy of
the TES (QTES,p), in the following shortly named estimated TES energy, for the Quasi Perfect TES
Design scenario. Fig. 4 a) shows the time series of the thermal energy content in the TES (QTES),
and the occurrence of interventions by the basic plant control (lower part of the figure). Fig. 4 b)
shows the associated time series of the schedule (sched), represented as the suggested degree of
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capacity modulation of the refrigeration plant and the time series of the state of charge (SOC), as it
is interpreted by the MPC at each start of an optimization.
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Figure 4: Influence of simplified TES model on the system dynamics (Quasi Perfect TES Design)

In each of the three variants, a completely discharged TES is specified at the beginning of the
simulation, i. e. fully discharged according to the criteria of the basic plant control (see section 2.3).
This result in an offset at the beginning of the simulation of about 2 kWh in comparison to a TES
discharged to homogenous 12 °C.
During the initial period of a constantly high incentive over four hours, it can be observed that the
variant with the lowest value for the estimate of the TES energy (QTES,p = 8.0 kWh) introduces the
smallest amount of cooling energy into the TES. This is caused by the lowest degree of modulation
of the suggested schedule (sched) by the MPC. The highest increase of internal cooling energy in
the TES is achieved by the variant with an well estimated TES energy (QTES,p = 12.3 kWh), caused
by a maximum modulation degree of 100 %. The variant with the overestimated TES energy
(QTES,p = 16.7 kWh) lies between the two other variants in terms of the cooling energy growth in the
TES and in terms of the level of the proposed schedule trajectory. This unexpected behavior can
be explained by the fact that an incorrect estimation of the TES energy is always accompanied by
an incorrect estimation of the current SOC, as can be observed at the beginning of the simulation.
In the case of an overestimated TES energy, the SOC is assumed to be over 20 %, which reduces
the overestimated TES energy in the schedule calculation by this amount. In the case of the
underestimated TES energy, the exact opposite relationship can be observed in the first discharge
interval. Due to this coupled misinterpretation, in the case of an underestimated TES energy, a
course of the stored cooling energy in the TES results, which moves in the upper half of the
maximum TES capacity. In the case of an overestimated TES energy, the proposed schedule at
the end of each discharge interval violates the temperature criteria in the TES, leading to corrective
interventions by the basic plant control. In the variant with a well-estimated TES energy, this also
happens, but significantly less.
Fig. 5 summarizes the effects of different values for the estimation of the TES energy on the
necessary intervention time of the basic plant control, see Fig. 5 a), and on the utilization of the
available times with high incentive, see Fig. 5 b). A distinction is made here between the scenarios
presented in section 3.1.
The summarized results confirm the behavior observed in the above detailed consideration for the
other scenarios as well, that in case of an underestimated TES energy no corrective interventions
by the basic plant control are necessary. Starting from an estimated value close to the baseline
TES energy (12.3 kWh), the necessary intervention times increase with increasing values for the
estimated TES energy.
When analyzing the utilization of the incentive signal in Fig. 5 b), it should first be mentioned that
the maximum amount of cooling energy that can be supplied by the refrigeration plant during high

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2301

incentive periods is for all three scenarios 72 kWh. Only the scenario of an oversized TES
achieves a maximum utilization of the high incentive times despite an underestimation of the
useable TES energy. In all design scenarios shown, a break in the course of the supplied cooling
energy for estimation values of the TES energy near to 12 kWh can be detected.
Further, can be seen the significantly lower level of supplied cooling energy in times of a high
incentive in case of the “Undersized TES” scenario.
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Figure 5: Effect of the predicted useable energy of TES (QTES,p) on necessary corrective interventions
by the basic plant control a) and on the utilization of the incentive signal b)

This can be explained by the fact that even with an ideal estimate of the TES energy, the physical
TES volume is too small to fully shift the electrical load of the refrigeration plant over the underlying
six-hour intervals.

4. CONCLUSION
Through the presented MPC approach for the predictive optimization of plant schedules in
refrigeration systems, the influence of the estimate for the usable thermal energy of the TES on the
feasibility of the suggested schedules could be demonstrated. By varying the prediction quality
from a high underestimation to a high overestimation, a clear sensitivity could be determined with
regard to the necessary corrective interventions of the basic plant control and the degree of
utilization of the assumed incentive signals. In further work, the various control loops in a coldwater refrigeration system have to be included, to be able to evaluate the consequences of
frequent schedule corrections and thus receive a better understanding which degree of fidelity for
the used models in the MPC approach are adequate.

ACKNOWLEDGEMENTS
The authors thank the Federal Ministry of Education and Research for the support of the R&D
project AutTherm within the framework of the funding program FHprofUnt - Forschung an
Fachhochschulen mit Unternehmen. The project on which this report is based was funded by the
Federal Ministry of Education and Research under the number 13FH047PX5. The authors are
responsible for the content of this publication.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2302

NOMENCLATURE
Q
𝑄𝑄̇
T
V
𝑚𝑚̇
cp
𝜌𝜌
A
t
H
w
MPC
sched
p
cs
int
fue,p

thermal energy capacity (kWh)
thermal capacity (kW)
temperature (°C)
volume (m³)
mass flow (kgs-1)
specific thermal capacity (Jkg-1K-1)
density (kgm-3)
area (m²)
time (h)
height (cm)
water
model predictive control
schedule
predicted
control signal
intervention of the basic plant control
predicted useable capacity factor

TES
FS
SOC
chg
dis
cur
max
min
l
u
sim
rp
c
out
in
thr

thermal energy storage
full storage
state of charge
charged state
discharged state
current state
maximal value
minimal value
lower
upper
simulation
refrigeration plant
consumer
outlet
inlet
threshold
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ABSCTRACT
Although the vortex tube had been invented over 80 years ago, its design method on
the key structure parameters has not be achieved because of the complex swirl flow
and its special energy separation phenomenon. In this paper, a new design method is
proposed, based on the flow structure and the unsteady oscillation of the fluid flow.
The energy separation phenomenon is modeled with the unsteady processing vortex
core, which combined the flow field, the heat and mass transfer process in the vortex
tube. And then, the optimization criteria for the main tube design can be achieved. The
PIV/LDV is adopted to derived the steady and unsteady fluid field characteristics, to
present the verification. Not only does the experimental performance of vortex tube
based upon this method show exciting improvement, but also present better feasible
and wider future for the vortex tube.
Keywords: Vortex Tube, PIV, Flow Structure, Energy Separation, Design.

1. INTRODUCTION
Since it was invented by Ranque in 1933 (Ranque, 1933), the unique energy
separation phenomenon of the Ranque-Hilsch vortex tube (RHVT) has always been a
mystery concealed by the violent turbulence. Without any moving part, the pressurized
gas goes through the tangential inlet nozzles and generates a strong swirling flow
within the main tube of the vortex tube. After both of the flow and energy separation,
gas temperature drop can be gained at the cold exit near the inlet, meanwhile,
temperature rise can be obtained at the hot exit away from the inlet, and a control valve
is situated at the hot end to adjust the mass flow rate and energy separation
performance at the two exits. The energy separation phenomenon has attracted the
attention of physicists owing to the fantastic energy and mass transfer process, which
can be related to the principle of Maxwell’s demon (Liew et al., 2012) and the accretion
disk (Kolmes et al., 2017). Besides, it is also used by engineers s as an energy and
mass separator device for various industrial applications (Zhang and Guo, 2018),
especially for the latest applications proposed in the gas industry (Ghezelbash et al.,
2016, Zhidkova et al., 2015, Gutak, 2015) and in various thermodynamic systems
(Kukis et al., 2015, Terekhin and Zolotykh, 2015, Mohiuddin and Elbel, 2014).
The energy separation phenomenon breeds within the gas flow field. To figure out the
energy separation processes, studies on the flow field is necessary, and the studies
were widely carried out since last 50s. However, both the observation and
understanding of the flow field and energy separation are stuck by the complicated
strong swirling flow, especially at the quantitative level. Although no agreement has
been achieved in past studies on the specific mechanism of causing energy separation,
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more and more attentions had attached on the investigations of the flow structure
within the main tube of RHVT. In recent decades, evidence gradually appears that
there exists specific flow structure within the strong swirling flow field of vortex tube,
and more researchers considered that the energy separation was formed inside the
flow structure. Besides, how the energy separation performance changes can be
related to the variation of the flow structure. With observations and calculations on the
flow fields, the discussions on flow structure had been increasingly fierce, such as the
secondary flow proposed by Ahlborn (Ahlborn and Groves, 1997), while almost all the
later researchers related the secondary flow to the deterioration of energy separation
performance.
In this paper, the experimental investigation on the flow field with PIV to verify the
existence of the unsteady flow structure is provided, and finally a mathematical model
to compute the key parameters of the optimized vortex tube is discussed.

2 THE TIME-AVERAGE FLUID FLOW STRUCTURE INSIDE THE VORTEX
TUBE AND ITS VERIFICATION
A strong swirling flow dominates the flow inside the vortex tube owing to the strong
tangential injection of the compressed gas in the inlet nozzle(s). Unlike a chaotic
turbulence, the remarkable characteristic of a strong swirling flow structure is the
occurrence of a large-scale vortex structure comprising vortex breakdown and
precessing vortex core, which are also observed in vortex tubes. When the vortex
breakdown occurs, a central recirculation zone (CRZ) is formed in the core. The CRZ
is unstable, precesses around the axis, and induces a large-scale flow structure that
contains a three-dimensional time dependent instability, the PVC. The vortex
breakdown and PVC are usually not only asymmetric but highly time dependent, and
they may excite and/or couple with certain acoustic modes leading to velocity and
pressure field oscillation. The vortex core deviates from the tube axis, rotating around
the tube axis, and revolving on the axis of its own. However, there were few successful
attempts to combine the vortex breakdown (or PVC) with the heat and mass transfer
processes and subsequently study the flow structure and energy separation in vortex
tubes.
From the computation results, the characteristics are derived (we neglected the CFD
results here, please refer to our other published papers (Zhang et al., 2016a).
The optimum flow feature showing how vortex breakdown and PVC influence the flow
structure in an RHVT is presented in Fig. 1, which is a combination of our previous
works (Zhang et al., 2016b, Guo and Zhang, 2018).

Figure 1: The common flow structure bears the best energy separation performance

In order to verify the computation results, a 2-D PIV experimental rig was built up to
capture the velocity distribution in the vortex tube, as shown in Fig. 2.
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Figure 2: Schematic view of the 2-D PIV experimental rig

To realize PIV measurement and main tube visualization, transparent quartz tubes
were used and other parts were made by steel with four rods to provide a flexible
integration for different tube lengths. Four tangential nozzles with diameter of 3mm
were made for the inlet. Originally, the vortex tube parameter with tube diameter of
9mm adopted in our previous numerical calculation was used to design the
experimental vortex tube. However, the moment the gas flow with trace particles
tangential goes into the vortex tube, the particles were pushed toward to the wall by
the centrifugal force due to the overlarge curvature radius, leading to the particle
information missing. Thus, the main tube diameter D of 30mm was used in our
experiment with cold exit diameter of 15mm. Different tube lengths L of 360mm,
600mm, 750 and 900mm were used, and the length-diameter ratio L/D=12, 20, 25 and
30. Key parameters of these configurations were summarized in Table 1.
The experimental campaign was performed at a standard room temperature, with air
as the working fluid supplied by the air compressor. After pressure regulating, the
pressurized gas was passed through four Laskin nozzles in the particle generator to
generate gas flow with uniform tracing particles. The adopted tracer is pure paraffin oil,
and the liquid droplets diameter after atomization can be near 1 μm . After seed
generating, the micron-sized liquid droplet is mixed up with air gas flow go to the vortex
tube together and forms the strong swirling flow inside the RHVT. ILA GmbH 2D PIV
system was adopted for the flow field measurement as presented in Fig.4, and the
source of illumination for the PIV experiments was a 532nm Nd-YAG double-pulsed
laser (Evergreen 145 laser, 145mJ, 15Hz), which was used to generate a 1~1.5 mm
thick laser sheet. PIV images were recorded using a Pco. Edge 5.5 scientific CMOS
camera, with a spatial resolution of 2560*2160 pixels; benefiting from the highperformance camera with 1.0 electronic low noise, 60% quantum efficiency and 10000
anti-blooming factor, most of the optical distortion was minimized to ensure the high
quality of the particle images. The meridian plane in the main tube was lightening by
the laser sheet, and the particle picture in the observation region was captured by the
PIV camera. Other PIV device includes a seeder (aerosol generator PivPart45), a
synchronizer and data acquisition system (with PIVView as the post-processing
software to correct any remaining optical distortion). The PIV vectors were calculated
using a 32 by 32-pixel interrogation window (IW) size with a 50% overlap. Due to the
domination of the tangential velocity among the three velocity components, short pulse
distance of 10 μs was adopted in our experiment. Besides, because the camera cannot
capture the view over the whole length of the main tubes, a monoaxial stepping slide
(KTH12-L05-300-BC, stroke: 300mm, precision: 0.02mm) with vortex tube fixed on it
was used for switching observation region. Fig. 5 gave the image integration strategy
over the whole main tube on the meridian plane for different tube lengths. For each
measurement part, 100 PIV image pairs were recorded. After recording, the slide
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stepped forward 150mm length for the next part. Due to the wall reflection, some areas
in the main tube had bad particle image quality, and the red parts (150mm*25mm, or
100mm*25mm) were available for flow field calculation.
Firstly, Six instantaneous axial velocity time series with interval of 10 μs was presented
in Fig. 3 to reveal the unsteady characteristics of the strong swirling flow inside the
vortex tube. From the axial velocity contours, there exists two flow direction,
simultaneously: the positive axial velocity in the periphery toward to the hot end; the
negative axial velocity in the core toward to the cold end. The streamline demonstrates
the flow field are full of large-scale presscessing vortices, and these vortices
responsible for the mass transfer processes between different layer, that is, turning the
flow direction from hot stream to cold stream. Even the time interval is as short as 10
μs , the flow field shifts rapidly and intensely turbulent, which seems like irregular. Time
averaged was performed for this operation condition and the image was compared to
the instantaneous images as presented in the right in Fig. 3. Although the flow field
becomes smoother and some small vortices were filtered out, there was no symmetry
at all, and the large-scale vortices still exists. No matter in the steady or the timeaveraged numerical simulations, the fluid fields inside the main all present nearly
perfect axial symmetry, and there are not any vortices at all in the flow field, which is
not match with the PIV results.

Figure 3: Streamline and axial velocity contours for 900-0.1-0.5-P4. Six instantaneous axial
velocity time series with interval of 10 us (left); time averaged flow field for 100 shots (right)

Besides, to better depict the flow structure, the reverse flow boundary (iso-zero axial
velocity surface) was draw in Figure 4, and the boundary separates the fluid field into
hot stream in the periphery (the red region) and cold stream in the core (the blue
region). From the radial coordinate ranges from -7.5 to 7.5mm indicates the diameter
of cold exit, and the equivalent diameter of the reverse flow boundary is lower than the
cold exit diameter. Both of the instantaneous flow field and the time-averaged flow field
indicates the precessing vortex cores locate at the reverse flow boundary, and the gas
particles in the vortices move back and forth to undertake the flow separation, even
the energy separation.
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Figure 4: Streamline and reverse flow boundary demonstration for 900-0.1-0.5-P4. One
instantaneous shot (top); time-averaged flow field for 100 shots (bottom)

The streamline and time-averaged axial velocity distribution in the main tube for all the
four vortex tube under inlet pressure of 0.1bar and five cold mass fractions of 0.3 and
every axial velocity distribution was marked by its legend below it, is shown in Figure
5. All the pictures appear litter regularity and no symmetry at the first impression,
especially the streamlines for any part. The common feature of the flow structure at
the inlet is the nearly zero axial velocity which has also been revealed in DLR’s PIV
experiment [23], which results from the dominating tangential velocity near the inlet in
the tube. Besides, the maximum reverse flow velocity increases with larger cold mass
fraction, and the reverse flow velocity accelerates when it towards to the cold end with
the help of negative pressure gradient.

Figure 5: Streamline and axial velocity contour for 600mm tube

For better understanding of the effect on the flow structure with various operation
conditions, the reverse flow boundary distribution in the main tube under inlet pressure
of 0.1bar and five cold mass fractions of 0.1,0.3,0.5,0.7 and 0.9 are shown in Figure 6.
The time-averaged boundaries show cylindrical or cone shapes to some degree. On
the whole, the central recirculation zone (CRZ) becomes thinner as it moving toward
to the hot end, especially for longer tube. Increasing the cold mass fraction, the CRZ
gets thicker, which identifies the results presented by numerical calculation, and
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verifies the vortex breakdown theoretical analysis by quasi-cylindrical approximation.
Besides the energy separation performance gets better for the other three tubes with
increasing cold mass fraction.
Although the reverse flow boundary did not present perfect in cylindrical or cone shape
as expected, the reverse flow boundary behaves at the same trend as found by
numerical simulations when the cold mass fraction increases. Combining with the
behaviour change tendency of the boundary under different tube lengths proofs the
proposed tube optimization criteria as shown in Fig. 1. Increasing the cold mass
fraction, the size of the reverse flow boundary expands. In order to achieve the better
performance, the length of the tube should be optimized, according to the operation
conditions and the diameter of the tube. The swirl significantly decays in the over long
tube, resulting to the axial retraction of the stagnation point.

Figure 6: Variety of reverse flow boundary size under different cold mass fraction

3 THE MATHEMATICAL MODEL FOR THE VORTEX TUBE DESIGN
The vortex tube design includes some key parameters, such as diameter of the main
tube D, tube length l, and diameter of the cold exit Dc , or the dimensionless
parameters l = L / D , d = Dc / D , and r = Rc / R . The shape of the control valve
proved not to play an important role on the energy separation performance, and thus
it will not be included in this model.
As the flow structure in the vortex tube has been confirmed we can build the
mathematical model accordingly to calculate the key parameters.
Three flow streams can be distinguished in the vortex tube: the hot stream in the
periphery, mh= (1 − ε )min , the cold stream in the core, mc = ε min , and the annular
circulation region (CR) between periphery and core, as shown in Figure 1.
According to the Navier–Stokes equations for a steady axisymmetric swirling flow of
an incompressible viscous fluid in cylindrical coordinate, the vortex structure can be
derived as,

vr ∂vr / ∂r + vz ∂vr / ∂z − vφ 2 / r + ∂p =
/ ∂r Re −1  r −1∂ / ∂r (r ∂vr / ∂r ) − vr / r 2 + ∂ 2 vr / ∂z 2 
Eq. (1)

vr ∂vz / ∂r + vz ∂vz / ∂z + ∂p =
/ ∂r Re  r ∂ / ∂r (r ∂vz / ∂r ) + ∂ vz / ∂z 
−1

−1

2

2

Eq. (2)

vr ∂vφ / ∂r + vz vφ / ∂z + vz ∂vφ / ∂z= Re ∂ vφ / ∂r + r ∂vφ / ∂r − vφ / r + ∂ vφ / ∂z 2 
Eq. (3)
−1

2

2

−1

2

2
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∂ (rvr ) / ∂r + ∂ (rvz ) / ∂z = 0

Eq.(4)

Here, vr , vφ , and vz are the velocity components of the in cylindrical coordinates
( r , φ , z ); Re = vmr Rin / ν is the Reynolds number; vmr = min / ( ρπ Rin2 ) is the mass
rate velocity, Rin is the length scale of main tube; and ν is the kinematic viscosity.
2
=
vφ F (r )exp(−λ z ) + O(λ 2 ) =
, ψ s Q(r )exp (−λ z ) + O(λ )

An appropriate boundary stream function is

QL (r ) =−(1 − ε )

QL (r ) = Ψ c (r , L)

for

0 < r < rh

for rh < r < 1

Eq. (5)
Eq. (6)
Eq. (7)

According to the optimization criteria, the tube geometric parameters should be
calculated with an iterative procedure to gain the optimum flow structure. However,
considering that several assumptions have been made to solve the N–S equation,
further experiments still need to be performed to obtain the correction coefficients of
the quantitative model.
Another meaningful aspect of the proposed optimum flow structure is that the
corresponding energy separation model can be greatly simplified because the
structure is the neatest flow structure and it avoids useless turbulence mixing. Besides,
the past energy separation model seldom considered the effect of the tube geometric
parameters, while with the optimum flow structure, for the analysis of energy
separation, all the parameters are suited to the optimum flow structure. Therefore,
there is reason to believe that a more convincing and brief energy separation
quantitative model can be fulfilled in the near future.
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ABSTRACT
The active development of ice slurry technology began more than 25 years ago. Despite its many
advantages, it is not widespread yet. One of the significant constraints is the imperfection of the
most common scraper-type ice slurry crystallizers. The solution is to develop crystallizers that use
other methods of separation the ice from the heat transfer surface instead of using mechanically
moving parts. One of the promising ways is electric heating. An experimental study of the process
of obtaining ice slurry by electric heating is carried out. The influence of the solution flow
parameters and the electric heating parameters on the process of continuous formation of an ice
sludge is studied. The results obtained are necessary for determining the mode of operation in the
design of a new type of crystallizers.
Keywords: Crystallization, Heating, Induction, Ice Slurry.

1. INTRODUCTION
The use of ice slurry can be effective in many fields. The useful effect of ice slurry is often
associated with such fundamental tasks of refrigeration as reducing energy consumption,
improving food quality (Shinbayeva et al., 2015) or new medicine technologies (Burkov et al., 2018;
Shakurov et al., 2017).
Despite the significant evolution of technology in recent decades, it is still not widespread. There
are a number of reasons for this, including incomplete knowledge of the behavior of ice slurry in
hydraulic systems and heat exchangers, the cost and insufficient development of ice storage
systems, the difficulty of determining the mass concentration of ice and control systems in general.
But one of the most important reasons is the imperfection of the existing ice generators – the basis
of any system. Today the most common, affordable and suitable for most applications are scraper
type crystallizers. Such crystallizers have a complex of moving elements: a shaft, scrapers, drive
elements, as well as bearings and seals necessary for their operation (Stamatiou et al., 2004).
These elements require periodic maintenance and replacement, which greatly complicates and
increases the cost of using such crystallizers. In addition, the crystallizers require supercooling of
the refrigerant with respect to the crystallization temperature of the ice at a value of about 9 ... 13K
(Kolesnikov et al., 2015). This leads to a lower boiling point and an increase in energy consumption
of compressors compared to systems using a liquid coolant. Finally, the crystallizers themselves
are expensive, much more expensive than conventional heat exchangers for cooling liquid
secondary coolant.
All this leads to the fact that the economic efficiency of ice slurry is not always obvious (Belozerov
et al., 2015; Brom et al., 2016), and the risk of possible complications further scares customers. In
turn, the lack of active demand slows down research and design work.
For the development of technology, it is important to create new, more efficient and cheaper ways
to obtain ice, preferably not using moving parts. One of these promising ways is considered the
method in which the separation of ice particles from the freezing surface instead of scrapers is
carried out by its periodic heating with an electric current (Kauffeld and Gund, 2019). Two types of
heating are possible. The first is resistive heating (Petrenko et al., 2011). In this case, the heat
exchange surface itself, on which the ice is frozen, or the metal coating on its surface acts as a
resistive element, which is periodically supplied with electric current. The surface is heated by
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current and the ice due to reduced adhesion (Schaaf et al., 2015) or complete melting of the layer
at the surface is separated from it. The second method is induction heating. In this case, the heat
exchange surface is exposed to an alternating magnetic field, which induces eddy currents in the
metal of the heat exchange surface. These currents lead to the heating of the metal and the
separation of ice particles from it. At a high frequency of an alternating magnetic field, eddy
currents are displaced to the surface of the metal and only a thin layer on its shell is exposed to
heat (skin effect). It is assumed that this circumstance, along with others, will allow the separation
of ice in a more efficient way than with resistive heating.
Schaaf and Kauffeld (2018) investigated the process of separating ice from an aluminum surface
using induction heating. Using this method, a number of other problems have been solved (Schaaf,
2016; Kim et al., 2005).
The aim of this study is to carry out a continuous process of obtaining ice slurry in a tubular heat
exchanger by induction heating without the use of additional means for the separation of ice and
experimental study of this process.

2. EXPERIMENT
2.1.

Process Scheme and Test Element

To obtain ice slurry, a “pipe in pipe” type heat exchanger is used. The inner tube is made of metal
with ferromagnetic properties (steel), covered with a layer of enamel to reduce adhesion. The outer
tube is made of non-metallic material with good magnetic permeability (Plexiglas). Outside the
outer tube is wound an inductor to which a high-frequency AC source is connected. The coil is
made of Litz wire - many thin wire strands, individually insulated and woven together. In the central
part of the coil, three turns are made with an increased step to form a “window” for visual
observation of the process. The process is carried out as follows (Fig. 1): a low temperature
coolant (strong ethylene glycol solution) is continuously fed into the inner tube. A solution to obtain
ice (a weak solution of ethylene glycol) is continuously fed into the annular space - step “a” in
Fig.1. Ice crystals form on the outer surface of the inner tube, the ice layer begins to grow (step
“b”). Further a current is applied to the inductor for a short time, as a result, the metal surface of the
inner tube is heated and the ice at the surface melts (step “c”). The current supply is stopped. Next,
the ice above the molten layer is separated from the pipe surface and is carried away by the
solution flow to the ice storage (step “d”). The freezing of a new layer of ice begins and the process

repeats.

Figure 1: Ice slurry production process

To implement the described process, a test element was made (Fig. 2).
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Figure 2: Test element

Characteristics of the test element are shown in table 1.

Table 1. Test element specifications

Outer tube material
Inner diameter of outer tube
Outer tube thickness
Outer tube length
Inner tube material
Inner diameter of inner tube
Inner tube thickness
Thickness of the enamel layer on the inner tube
Inner tube length
Inner diameter of the coil
Total coil length
Number of turns
Material of Litz wire
Characteristics wire Litz wire
Fluid supplied to the inner tube
Fluid supplied to the annular space
2.2.

Plexiglass
36 mm
4 mm
150 mm
Steel
24.1 mm
0.3 mm
0.1 mm
180 mm
44 mm
145 mm
58
Copper
d0.3 mm х 16
Ethylene glycol solution 45%
Ethylene glycol solution 10%

Experimental Setup

To provide the process parameters, an experimental setup is used, a simplified diagram of which is
shown in Fig. 3. The unit contains a coolant circuit and a solution circuit to produce ice slurry. The
coolant circuit is used to keep temperature of the coolant, which is a cold source for the test
element. The coolant circuit contains a pump for the coolant, an evaporator in which the coolant’s
heat is removed, and a control valve for regulating the flow rate of the coolant. The liquid in the
evaporator is cooled by the vapor compression-type chiller. An ethylene glycol aqueous solution
with a mass concentration of 45% is used as a coolant. The ice slurry circuit contains a pump for
the solution, a heat-insulated container for ice accumulation and a control valve for regulating the
flow rate of the solution. An ethylene glycol aqueous solution with a mass concentration of 10% is
used for ice production (the crystallization start temperature is approximately minus 3.67°C).
Resistance thermometers are used to measure flow temperatures in both circuits. An ultrasonic
flow meter is used to measure the flow rate of the coolant. A rotameter is used to measure the flow
rate of the solution. The electrical parameters of the induction coil are measured by appropriate
meters.
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Figure 3: Experimental setup

2.3.

Experimental Procedure and Results

As a result of the experiment, a mode of operation was obtained in which ice was formed on the
walls of the inner tube of the test element and was separated under the action of heating by the
forces of the fluid flow in the annular space in a continuous mode of operation (Fig. 4). The mode
of operation was obtained at an average coolant temperature of about minus 19°C. The coolant
flow rate was 0.93 l/s. The flow rate of the solution was in the range of 0.017-0.115 l/s. The
temperature of the solution at the entrance to the test element was 1.5-2.5 ° C. The frequency of
the alternating current applied to the coil was 38.1 kHz. Current: 1.9 A.

Figure 4: Ice slurry production process
(a) clean surface, (b) ice layer formation, (c) ice compartment

The process goes cyclically, and the periods of freezing lasted much longer than the cycles of
thawing: 5-25 seconds freezing and 1-2 seconds thawing. It is also specific that the time between
the separation of ice portions significantly exceeds the time interval between the passes of the
scraper in the scraper crystallizers. In the process of ice formation, there was no significant heating
of the coil, which can affect the Plexiglas.
The frequency of heating action and its duration varied. Figure 5 shows the obtained values of the
specific mass flow rate of particles of ice formed, related to the cooling capacity, depending on the
duration of freezing periods for different values of the solution flow rate. Heating duration in all
cases is 1.5 seconds. The amount of ice is determined from the heat balance of the test element
(Goncharova et al., 2015), taking into account the heat supplied through the induction coil. For
periods of freezing less than 5 seconds, a decrease in ice formation is observed, since there is no
enough time for ice to freeze on the surface. With increasing periods of freezing, on the contrary,
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an increased layer of ice is observed, which acts as an additional thermal resistance. By reducing
the flow rate of the solution, in other words, reducing the linear flow rate of the solution along the
pipe, the separation of ice becomes difficult. This leads to the fact that with a small flow rate of the
solution and long periods of freezing, the ice layer ceases to separate at all.

Solution volumetric flow

Specific flow of ice particles, kg/
h·kW
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Figure 5: Specific flow of ice particles depending of freezing period length

Fig. 6 shows the obtained values of the specific mass flow rate of particles of ice formed, related to
the cooling capacity, depending on the duration of heating periods for different values of freezing
periods. The solution flow rate was 0.115 L/s.
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Figure 6: Specific flow of ice particles depending of heating action length

For the freezing period of 5 seconds, with an increase in the heating time of more than 1.5
seconds, the amount of ice produced begins to decrease, which can be explained by its excessive
melting. While for a longer period of freezing, the growth of ice production with increasing heating
continues, consequently, the optimal heating period has not yet been reached.

3. CONCLUSIONS
The continuous process of obtaining ice slurry in a tubular heat exchanger by induction heating
without the use of additional means for ice separation has been successfully carried out. The
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achieved efficiency of the method is still low, but it is clear that for the further development of the
method and the creation of ice crystallizer samples on its basis, it is necessary to solve a complex
optimization problem. Ice production with electric heating is based on a balance of versatile factors,
each of them requires optimization. Among them:
- frequency and duration of heating action;
- current frequency and voltage;
- material of the cooling pipe and the surface roughness;
- gap between coil and heating element;
- degree of supercooling of the refrigerant or coolant.
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ABSTRACT
The requirements of the European Union (EU) regulation on fluorinated greenhouse gases has
created an incentive to reduce their amount that can be placed on the EU market (including many
commonly used refrigerants) to 21% of the baseline level. This study attempts to develop a
methodology to predict the future refrigerant mix in refrigeration, air conditioning, and heat pumps
that will be available to the EU customers by 2021 and 2030 years. The work is based on the
relevant current statistical data, refrigerant distribution, and future technology acceptance and
trends in refrigerants. The study presents a refrigerant demand grow scenario and provides a basis
for closer market follow up in order to facilitate decision making for refrigeration industry
stakeholders. The results of the study indicate that by 2021 will be difficult to accomplish the
fluorinated gas quota but by 2030 the transition is possible. By that time, the natural refrigerants
will dominate the market, and a small share of lower GWP refrigerants will be necessary for
specific applications.
Keywords: F-gas (fluorinated gas), global warming, HFC, HFO, low GWP, refrigerant.

1. INTRODUCTION
Global society is facing a severe environmental challenge to reduce its impact on climate.
Refrigeration, air conditioning and heat pumps (RACHP) are well-known contributors to global
warming and account for 7.8% of global CO2-eq. emissions (IIR, 2017) with the projections of the
growing impact (Peters, 2018). A significant contribution to reducing the impact is the global
agreement that has been enforced from the 1st January 2019, i.e., Kigali Amendment to the
Montreal Protocol (UN, 2016). The Agreement sets the distinct phase-down schedule to reduce the
global production and consumption of hydrofluorocarbons (HFCs). Before the global agreement,
legislation that includes a similar action (among others) has been implemented in the European
Union, the regulation No 517/2014 of the European Parliament and of the Council on fluorinated
greenhouse gases (F-gas regulation) (European Parliament, 2014).
Most importantly, the regulation sets a target fluorinated gases (F-gases) supply level that is
gradually reduced till 2030 and prescribes control mechanisms to prevent the use of a greater
amount of HFCs. Additionally, a number of prohibitions based on the global warming potential
(GWP) values are included to guide the industry over the process. Thus, clear incentives have
been established for the RACHP industry to reduce the supply of high GWP refrigerants by, for
instance, replacing them with alternative refrigerants with lower GWP.
While the list of available low GWP refrigerants has been identified (McLinden et al., 2017), their
use is currently limited due to their varying properties, e.g., flammability or toxicity characteristics.
In such circumstances, several refrigerant mixtures have been proposed to satisfy different
requirements (trade-off) (Bitzer, 2018).
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Depending on the RACHP application, the characteristics required to the refrigerant vary, and
hence their GWP. However, the maximum allowed quota is set for the entire EU market and not
linked or separated based on application type. Given the uncertainty present in the RACHP
working fluids market, this work aims to present an estimation for the future refrigerant mix that is
plausible to establish when attending to the F-gas regulation quotas and GWP limitations.

2. METHODOLOGY
The results of this study are based on the allocation model of refrigerants that will be replacing the
commonly used HFC refrigerants. It is based on current and historical data and assumptions of
future refrigerant use and regulations development.
2.1

Approach

The methodology followed in this study is based on the current levels, and future predictions of
high GWP refrigerants use as input data. The model is therefore based on the baseline supply
levels of a set of high GWP refrigerants. Accounting to the historical data obtained from the recent
report on F-gases (European Environment Agency, 2018), the baseline levels of selected HFC
refrigerants that have been placed on the European market has been defined.
Further, the future refrigerant options have been identified considering the current technology and
refrigerant development levels as well as on their future development projections. Two key periods
have been selected, 2021 and 2030 years, which are the target years of the F-gas regulation for
the two major coming quota reductions (European Parliament, 2014).
Finally, the future refrigerant mix has been identified under the assumption of a gradual reduction
of the baseline amount of HFCs that can be placed on the European Union’s (EU) market (placing
on the market, POM, amount expressed in million tons CO2 equivalent, MTCO2e) according to the
schedule stipulated by the F-gas regulation.
2.2

Data and Assumptions

The main data source is the historical data reported by companies on the production, import,
export, and destruction of F-gases in the European Union available from the European
Environment Agency (2018). This document provides statistic on F-gases use in the EU during
2007-2017 years. The current study has been focused on a limited set of HFC refrigerants that
were representing the major share of refrigerant supplied during the referencing period. The
historical data outside of the reference period has been explicitly neglected since it is not
representative of the typical refrigerant supply profile due to the fluctuations caused by the F-gas
regulation. The projections of future supply are instead based on the reasonable refrigerant market
development under the requirements of the F-gas regulations that were assumed by the authors.
These assumptions are further introduced in the respective parts of the paper.
2.3

Model Uncertainty

The results of the given study are subject to uncertainty due to the uncertainty of input parameters,
identified data gaps, and the assumptions. The model also implies various assumptions helping to
substitute data inputs for which the exact values cannot be obtained. The reliability of the model
output will be benefited from additional efforts taken to improve the quality of the input data. This
uncertainty can be incorporated into the model by integrating statistical methods. However, this is
out of the scope of the current study and suggested for future studies. The modelling error of the
presented evaluation is dependent on the input assumptions and not quantified in a given study.

3. REFRIGERANT INVENTORY ESTIMATION
3.1

Implications of the F-Gas Regulation

The F-gas regulation established a legal requirement for a 79% gradual reduction in the F-gases
that can be placed on the EU market based on the average amount placed during the period 2009-

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2319

2012 as the baseline reference. The reduction started in 2015, but the first significant reduction
took place in 2018, passing from 93% to 63% of fluorinated substances allowed. It is considered
that this year the refrigeration and HVAC industry faced the first challenge. In the same way, its
next great challenge to face is the year 2021, when 55% reduction is required.
The phase-down schedule established by the F-gas regulation can be translated into the amount of
CO2-equivalent allowed to be placed on the EU market, given the available historical data. Thus,
the 100% quota is 183.1 MTCO2e. It is based on the allowed quota value, set by the regulation,
total CO2-equivalent value of the baseline F-gases use (as listed in the F-gas regulation). The
resulted values are compiled in Table 1.
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43.9

43.9

38.5

17
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Table 1. F-gas reduction quota translated into CO2-eq. emissions
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170.3

15
183.1
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Quota,
%
POM,
MTCO2e

The allocated quotas are carefully monitored, and the statistics are regularly published presenting
past use of the F-gases. According to the most recent statistics, the quotas have been met
successfully during the 2015-2017 years.
Most of the F-gases have been used in the “Refrigeration, airconditioning and heating and other
heat transfer fluids” category, followed by the “Foams, including pre-blended polyols” and
“aerosols” sectors. The statistics present the supply data for different F-gases. In the refrigeration
sector, these gases have been consumed in pure form (e.g., R134a and R32 refrigerants), as well
as combined in mixtures with other F-gases (e.g., R134a as a component of R404A, R32 as a
component of R410A). The quantitative data of the past refrigerant supply is however not
presented in the report, neither available to the authors in any other form. Such data is therefore
evaluated.
3.2

Identifying Baseline Refrigerant Inventory

Depending on the requirements of the specific refrigerating application, various F-gases are used
in pure form, as well as components of a refrigerant mixture. The most widely used synthetic HFC
refrigerants before the HFCs phase down are R134a, R404A, R407C, R410A, and R507. The
composition of the HFC mixtures in mass percentage is presented in Table 2.
Table 2. Composition in mass percentage of commonly used HFC refrigerants

R134a
R125
R143a
R32

R134a

R404A

R407C

R410A

R507

100
0
0
0

4
44
52
0

52
25
0
23

0
50
0
50

0
50
50
0

These refrigerants are used in different applications, for some of which the F-gas regulation
establishes additional measures of regulation: products and equipment placing on the market
prohibitions. Thus, a baseline refrigerant supply scenario for 2009-2012 average has been
obtained from the historical F-gases supply amounts, composition of the conventional HFC
refrigerants used, statistical data presented by the European Environment Agency (2018), and
assuming the refrigerant inventory in the European Union to be similar to that of France, for which
detailed data is available (Clodic et al., 2013). The results are presented on a mass basis in Figure
1a and on CO2 equivalent basis on Figure 1b.
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a) Mass basis (tonnes)

b) CO2 equivalent basis
(MTCO2e)

Figure 1: Baseline refrigerant inventory, common HFC refrigerants only

3.3

Identifying Distribution of Refrigerants

The choice of the refrigerant that replaces a conventional one is dependent on the intended
application. For instance, R404A that is used in commercial refrigeration can be replaced,
depending on the application, by lower and low GWP refrigerant mixtures (Makhnatch et al., 2017),
as well as naturally occurring substances (CO2, propane). Several replacements for R134a have
been developed for R134a and are suitable to replace it in different applications (Makhnatch et al.,
2019). Similarly, a wide range of alternatives exists for other HFC refrigerants considered in the
current analysis (Mota-Babiloni et al., 2017a). The choice of the alternative is dependent on a few
factors, including the type of equipment, possibility, and viability to retrofit, as well as the availability
of alternatives, given the projected timeframe. Therefore, the distribution of the refrigerants has
been estimated, based on the values provided by Clodic et al. (2013).
The distribution of the refrigerants over the equipment type (Table 3) has been assessed by
applying the data available for France at a similar period (Clodic et al., 2013) under the assumption
that this data can be translated to the refrigerant supply inventory over the entire EU region at that
time by extending the inventory of French refrigeration sector to the entire EU inventory. It can be
seen that the dominating refrigerant is R134a given the different applications in which can be used,
followed by R404A, because it is used in applications that require a large charge of refrigerant.
Table 3. Baseline supply inventory of the assessed high GWP refrigerants

Baseline scenario
Domestic refrigeration. ton
Commercial refrigeration. ton
Road transport. ton
Industries. ton
Air-conditioning. ton
Chillers. ton
Heat pumps
Mobile air conditioning
Sea transport
TOTAL, MTCO2e
TOTAL, ton

R134a
2749.9
1150.9
62.4
2902.6
308.7
3313.1
231.5
25419.4
1301.9
53,54
37440

R404A

R407C

R410A

R507

4238.9
416.8
3747.4

6.6

24.3
1.1
118.3
4474.1
901.9
1963.0

966.3

15,62
7482

3,78
1004

11.6
36,18
9225

260.8
2038.1
2755.4
612.3
88.4
10,22
5762

38.1

This calculation results in the development of the baseline refrigerant inventory for the initial period.
It is worth to mention that this assumption should be re-evaluated in future studies.
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4. FUTURE REFRIGERANT INVENTORY
4.1

Refrigerant Options

Many refrigerants mentioned in a baseline scenario have GWP values over the limits set by the Fgas regulation for some applications, or these GWP values are too high to comply with the reduced
quotas. Therefore, they will be replaced in order to comply with the requirements of the current
legislation. The transition to lower GWP refrigerants will happen gradually and will rely on the
availability of the lower GWP refrigerants and equipment using thereof; availability of lower GWP
refrigerants that can replace with no or low amount of modifications high GWP refrigerants already
used in equipment (drop-in replacement), monetary and legislative incentives.
In this work, a scenario of the refrigerant supply development by the beginning of 2021 and 2030 is
presented. This scenario is based on the expert opinion on future developments expressed
elsewhere (IIR, 2016) (Danfoss, 2018), as well as the authors’ personal opinion. The future
possibly used alternatives can be briefly summarised in Table 4. It can be seen as by 2021, a wide
variety of possibilities can be combined in several applications. However, by 2030, HFC/HFO
mixtures and latest considered HFCs are going to disappear from that range of options and natural
refrigerants are going to dominate the refrigerant market.
Table 4. Future refrigerants adaptation based on the category

Category
Domestic refrigeration
Commercial
refrigeration
Road transport
Industries
Air-conditioning
Chillers
Heat pumps

Mobile air conditioning
Sea transport
4.2

Refrigerant
R134a
R134a
R404A/R507
R410A/R407C
R134a
R404A
R410A
R134a
R404A/R507
R410A/R407C
R134a
R410A/R407C
R134a
R410A/R407C
R134a
R410A/R407C
R134a
R407C
R134a
R404A

By 2021
HC
HFC/HFO, HFO, CO2/HC
HFC/HFO, CO2/HC
HFCs
HFCs, HFC/HFO
HFC/HFO
HFCs, HFC/HFO
HFC/HFO, NH3/CO2
HFC/HFO, NH3/CO2
NH3/CO2/HC
HFC, HFC/HFO
HFC
HFC/HFO, HFO
HFC, HFC/HFO
HFC, HFC/HFO, HC
HFC, HFC/HFO, HC
HFO
HFC, HC
HFC, HFC/HFO
HFC/HFO, CO2/NH3

By 2030
HC
Mostly CO2/HC
Mostly CO2/HC
HC
HFO
HC/CO2
HC, HFC
HFC/HFO, NH3/CO2
HFC/HFO, NH3/CO2
NH3/CO2/HC
HC
HFC, HC
HFO
HFC, HFO/HFC
CO2, HC
HFC, HFC/HFO, HC
HFO, CO2
HC, HFC/HFO
HFO
CO2/NH3

Modelling Future Scenarios under POM Limitations of F-Gas Schedule

Finally, the modelled use values for the future refrigerant quota have been obtained by projecting
the future energy mix onto the possible future consumption patterns of the refrigerants in each
sector. The quota use values represent the future refrigerants that are expected to be placed on
the European market (POM) to satisfy the proposed refrigerants’ demand.
The refrigerants that are POM are utilised in new equipment that is produced and imported to the
European market, but also eventual top-up leakages from remaining RACHP equipment. Since the
refrigerant top-up amount is dependent on the typical refrigerant lifetime (LT, adopted from Clodic
et al. (2013)) and typical annual leakage rate (LR, adopted from the reported data (IIR, 2014)), the
refrigerant amount (in tonnes) in new equipment at a baseline year is calculated as
POM/(1+LT·LR). A detailed description of the scope of the POM metric that is relevant to
compliance with the EU HFC phase-down can be obtained from the report by the European
Environmental Agency (2018).
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The modelled future POM of refrigerants accounted by the quota mechanism of the F-gas
regulation are estimated for 3 cases: during 2021 and 2030 at no POM refrigerant growth (mass
basis); during 2030 at the consideration of 3% annual growth (a.g.) of POM (mass basis) from
2021. The estimation relies on several parameters, most notably not accounting for possible
refrigerant reclamation and recycling and neglecting HFCs exempted under Article 15.2 of the Fgas regulation. The future POM of refrigerants intended to be used in new equipment was
assumed based on the considerations presented in Section 4.1. The share of the POM intended to
be used to top-up leakages from remaining RACHP equipment was estimated based on the
historical refrigerant mix, expected refrigerant mix in new equipment, as well as the removal of
equipment from the market due to the end of life. The increase in refrigerant demand due to the
potential retrofit of RACHP equipment is not taken into account here. The resulting values are
summarised in Table 5.
Table 5. Modelled future POM of HFC refrigerants at the European market

Refrigerant

Domestic
refrigeration
Commercial
refrigeration
Road transport
Industries
Air-conditioning
Chillers
Heat pumps
Mobile air
conditioning
Sea transport
TOTAL
Quota POM

Baseline (including
imports)
Ton
MTCO2e

R134a

2749.9

3.932

R134a
R404A/R507
R410A/R407C
R134a
R404A
R410A
R134a
R404A/R507
R410A/R407
R134a
R410A/R407C
R134a
R410A/R407C
R134a
R410A/R407C
R134a
R407C
R134a
R404A

1150.9
5205.2
30.9
62.4
416.8
1.1
2902.6
3785.5
379.1
308.7
6512.2
3313.1
3657.3
231.5
2575.3
25419.4
88.4
1301.9
11.6

1.646
20.476
0.063
0.089
1.635
0.002
4.151
14.849
0.710
0.441
12.958
4.738
6.771
0.331
5.185
36.350
0.157
1.862
0.045
116.4

by 2021

by 2030

0.00

MTCO2e
0.00

0.96
8.64
0.03
0.08
0.54
0.00
3.44
4.07
0.68
0.26
11.32
3.20
6.68
0.09
5.16
13.50
0.09
0.70
0.01
59.4
52.4

0.15
4.40
0.00
0.05
0.38
0.00
0.00
0.00
0.11
0.06
2.22
0.00
3.18
0.00
1.26
0.00
0.00
0.11
0.00
11.9
33.8

by 2030.
3% a.g.
0.00
0.17
4.98
0.00
0.06
0.42
0.00
0.00
0.00
0.11
0.07
2.51
0.00
3.39
0.00
1.40
0.00
0.00
0.12
0.00
13.2
33.8

The results presented in Table 5 indicate that at a given rate of new refrigerants adoption, and
taking into account anticipated consumer preference of new equipment with reduced GWP
refrigerant, the amount of HFC refrigerants that is expected to be POM is 7.0 MTCO2e greater than
that is necessary to meet the steep quota reduction set by the F-gas regulation for 2021. Such
results are likely due to the delayed response of the European refrigeration and air conditioning
stakeholders to the requirements of the F-gas regulation and the postponed implementation of the
requirements of the Directive 2006/40/EC on mobile air conditioning.
The delay in the implementation of available low and lower GWP refrigerants caused that installed
equipment that uses high GWP refrigerants represents a bank of high GWP refrigerants needed to
be maintained (top-up to compensate for leakages). Additionally, such equipment retrofit is often
limited to the non-flammable HFO/HFC mixtures, which GWP is still rather high (Makhnatch et al..
2018b) (Makhnatch et al., 2018a). However, to use refrigerants with different safety classification,
this equipment could have to be replaced due to safety concerns.
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Regarding the modelled future CO2e emissions from refrigerants to be POM in 2030, the result of
the model is quite promising, since the emissions will be lower than the predicted limit. It is due to
the availability of low GWP alternatives and under the assumption that all the stakeholders will
move to options using the lowest GWP possible in each of the analysed sectors. Meanwhile, the
limited lifetime of the refrigeration equipment allows older equipment designed to be used with high
GWP refrigerants to eventually greatly phase-out by 2030.
The sectors with highest contribution to refrigerants POM by 2030 will be commercial and industrial
refrigeration, produced by lower GWP HFC/HFO mixtures alternatives to R404A and R507 (e.g.,
R448A. R449A. R455A or R454C) (Mota-Babiloni et al., 2018), and in air conditioning, heat pumps
and industries, in lower GWP HFC/HFO mixtures (e.g. R454B. R466A) and pure HFC alternatives
(R32) to R410A and R407C (Mota-Babiloni et al.. 2017b).

5. CONCLUSIONS
The currently used high GWP HFC refrigerants are about to be phased down or phased out, and
the reduction of their use will be dictated by the European F-gas Regulation and the Kigali
Amendment to the Montreal Protocol. For the coming years, we must consider that low GWP
refrigerants are going to dominate the market, but there is still a wide variety on them and a great
uncertainty on how they are going to be distributed in the market. In this paper, we aimed to model
and obtained the future refrigerant mix distribution in the European Union for two target years,
2021 and 2030, when the major reductions in F-gas quota will take place.
The applications here considered where those with higher HFC consumption, and their associated
refrigerants, R134a, R404A, R507C, R410A, and R407C. Then, we assumed that the refrigerant
distribution where similar to that of the French market and the main data source is retrieved from a
report of the European Environment Agency.
For the future refrigerant distribution, the future share of the market and possibilities are based on
on the expert opinion on future developments as well as authors personal opinion. The most likely
scenario that considers growth in the refrigerant demand is also included in this work.
Results show that, under current assumptions, the POM by 2021 could not be satisfied since the
sector is not prepared for the fast transition. In many sectors low GWP refrigerants are suitable for
newly manufactured equipment, and their short term implementation is limited by a turn-over rate
of the equipment and their applicability for retrofit. However, by 2030, the refrigerant industry will
be able to adapt to the situation. In this year, the use of natural refrigerants such as CO2, HCs, and
NH3, is likely to increase but still synthetic low and lower GWP refrigerants may take a share of the
market in applications where R404A/R507 and R410A/R407C are being used.
The excess of POM of refrigerants observed in 2021 can explain the current illegal refrigerant
trading in Europe, recognized and warned by several associations and nonprofit organizations. It is
expected that the development of the technology, the necessity of renovation of equipment, and
better and detailed training of engineers and technicians will reduce to the minimum the illegal
acquisition of HFC refrigerants.
Moreover, it is worth to highlight that the conclusions depicted from this model can be extended to
benefit the worldwide transition to low and lower GWP refrigerants since the Kigali Amendment is
also incorporating an HFC phase-down mechanism. Lessons and experiences learned from the
European transition can also be useful. Thus, relevant data should be collected from early stages
of Kigali Amendment implementation to provide the industry with more transparency and
knowledge, and eliminate uncertainty in decision making when choosing refrigerant and
refrigeration equipment use. It is also important to act early since the significant share of current
HFC demand is used to maintain previously instaled equipment.
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NOMENCLATURE
a.g.
CO2e
EU
GWP
F-gases
F-gas
regulation
HC

Annual growth
Carbon dioxide equivalent
European Union
Global warming potential
Fluorinated gases
Regulation (EU) No 517/2014
of the European Parliament
and of the Council of 16 April
2014 on fluorinated
greenhouse gases
Hydrocarbon

HC
HFC
HFO
LR
LT
MTCO2e
POM

Hydrocarbon
Hydrofluorocarbon
Hydrofluoroolefin
Leakage rate
Lifetime
Million ton CO2 equivalent
Placing on market

RACHP

Refrigeration. air conditioning and
heat pump
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ABSTRACT
A three-dimensional Computational Fluid Dynamics (CFD) modelling investigation in a finned-tube
CO2 gas cooler has been presented and compared with literatures in terms of airside heat transfer
coefficient and refrigerant side temperature profile. For the heat exchanger air flow, the Reynolds
number is varied in the range of 94.1-282.3 such that laminar flow and viscous model are selected
in the CFD model. Simulation results were analyzed and compared at different operating parameters
of both air and refrigerant sides including air inlet velocity, air inlet temperature, refrigerant inlet
temperature, pressure and mass flow rate. The numerical results have been validated with the public
literature results. The simulation results show that when the air inlet velocity varies from 1 m/s to 3
m/s, airside average heat transfer coefficient increases from 88.58 W/m2k to 138.69 W/m2k. In
addition, it is found that the higher velocity leads to lower the approach temperature and thus
improving the performance of the gas cooler. The research methods and outcomes can be used for
further investigation and optimization in this area.
Keywords: CO2 Finned-Tube Gas Cooler, Heat Transfer Coefficient, Refrigeration System,
Computational Fluid Dynamics (CFD) Modelling.

1. INTRODUCTION
Global extensive energy consumption and resulted environmental issues in refrigeration sectors
encourage researchers to develop high efficient refrigeration systems with environmental friendly
working fluids. The utilization of CO2 as a refrigerant in CO2 refrigeration systems has been more
attractive due to its superb thermophysical properties and negligible environmental impact. On the
other hand, finned-tube CO2 gas coolers have been widely used in CO2 refrigeration systems owning
to their simplicity and using ambient air as cooling medium. The CO 2 gas cooler also plays an
important roles in the system efficiency and controls such that the further performance improvement
and optimal design are desired for the heat exchanger.
Correspondingly, a great deal of researches have been carried out to investigate the heat transfer
and hydraulic behaviours of the finned-tube CO2 gas coolers with both theoretical and experimental
analyses. Gnielinski (1976) and Pitla et al. (2002) proposed empirical equations for calculating
refrigeration side heat transfer coefficient. Wang, Jang and Chiou (1999) generalized a correlation
for evaluating airside heat transfer coefficient and friction factor of finned-tube heat exchangers with
wavy fins. These heat transfer and hydraulic calculations are important to understand and investigate
heat exchanger performance and modelling development. Several modelling methods could be
applied to analyse the performance of CO2 finned-tube gas coolers at different operating conditions
including -NTU or LMTD i.e. lumped, tube-in-tube and distributed. However, the -NTU or LMTD
method should be used carefully due to CO2 thermophysical properties change rapidly with
temperature during an isobaric gas cooling process (Kim et al., 2004). Ge and Cropper (2009) used
a distributed method to calculate CO2 temperature profile along CO2 flow process with localised
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working fluid heat transfer and hydraulic parameters. The simulation results showed that the larger
heat exchanger circuit number could increase its heating capacity.
Although the empirical correlations of airside heat transfer coefficient and hydraulic calculations
could be used to predict the performance CO2 gas coolers, these correlations are not universal since
the gas coolers with different geometrical structures have different heat transfer characteristics. To
obtain accurate modelling of the CO2 gas cooler with complicated structural and operational
parameters, 3D CFD modelling strategy in CO2 finned-tube gas coolers is therefore expected. Yaïci
et al. (2016) proposed a CFD modelling to investigate the influence of inlet air flow mal-distribution
on the performance of a plate-fin-tube water-air heat exchanger. Although some researches have
been carried out for finned-tube heat exchanger, to the authors’ acknowledge, there is no detailed
CFD modelling on the CO2 finned-tube gas cooler found in public literatures.
Due to the difficulty in obtaining local airside heat transfer coefficient and CO2 refrigerant temperature
profile along pipes, this study presents a new 3D CFD modelling method and modelling simulation
to evaluate the heat transfer performance of the CO2 gas cooler at different operating conditions.
The characteristics of average airside heat transfer coefficient have been plotted at different air flow
Reynolds numbers. The developed CFD model is also used to predict the refrigerant temperature
profiles at different operating conditions. The results of this study are expected to be valuable for the
development of CFD modelling strategies and performance evaluation on the CO2 finned-tube gas
coolers.

2. NUMERICAL METHODOLOGY
A 3D CFD model has been developed to simulate the performance of a CO2 finned-tube gas cooler
at different operating conditions. The modelling routine firstly starts from airside, and then the
simulation runs through each numbered pipe starting from refrigerant inlet to outlet. There are two
models created in this study, which are two consecutive fins with air flow region model and model
with ten consecutive fins. They are named as airside model and CO2 side model respectively in this
paper. Airside model is used to calculate airside heat transfer coefficient and the CO2 side model is
applied to predict refrigerant temperature profile along the pipe. The heat exchanger modelling
depends on the calculations of conservation equations of mass, momentum and energy for both air
and refrigerant sides. To simplify the modelling process and save computing time, the heat
exchanger is divided evenly into 10 segments along the pipe direction and only one segment of the
heat exchanger is modelled by CFD. In addition, for one coil segment, each pipe is further divided
into a number of sections or small finite elements. As shown in Fig. 1, there are totally 54 pipes in
the heat exchanger. Setting up conservation equations for each element will calculate the CO2
temperature of each pipe segment and thus the whole pipe. The output temperature of each pipe is
then used as the inlet temperature for the next numbered pipe. After iteration, the refrigerant outlet
temperature of the final coil pipe can be calculated. Iteration should be carried on until conservation
equations reach convergence. The modelling approach is summarized and listed as below:
• Symmetry condition is assumed on the mid plane between two consecutive fins in the heat
exchanger.
• Due to the coil symmetry structure, the airside heat transfer coefficient of each passage between
two consecutive fins is assumed the same. The model of two fins with air flow region is then used
to obtain local airside heat transfer coefficient which is then exported into a txt type file. The User
Defined Function (udf) from CFD and a code developed in Visual Studio 2017 are then applied
to assign the heat transfer coefficient to the coil external surface.
• The gas cooler is divided into 10 segments along the pipe length direction. Since there are 375
fins in the coil, each segment contains about 37 fins. To simplify the simulation process, the
entire gas cooler model is developed based on one segment model. Meanwhile, the transverse
heat conduction is also considered in the model.
• The developed CFD model is then validated with the test results from public literature.
2.1.

Physical Model

An identical CO2 finned-tube gas cooler is selected for CFD modelling which was used by Ge and
Cropper (2009) and is shown in Fig.1. Airflow passes from right to left and refrigerant flows into the
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top tube numbered 0 and out from the bottom tube numbered 54. The specification of the modelled
gas cooler is listed in Table 1.
Table 1. Specification of the modelled gas cooler

Dimensions
W × H × D (m)
Front area (m 2)
Fin shape
Fin pitch (mm)
Fin thickness (mm)
Number of tubes row
Tube outside diameter (mm)
Tube inside diameter (mm)
Tube shape

0.61 × 0.46 × 0.05
0.281
Raised lance
1.5
0.13
3
7.9
7.5
smooth

Figure 1: Modelled gas cooler of
numbered tube pipes.

2.2.

CFD Model

In this present work, the 3D CFD model of the plain finned-tube CO2 gas cooler has been developed
and demonstrated. The overall modelling process is composed of three parts. In the first part, the
created geometry consists of fins and tubes having one refrigerant inlet (pipe ‘0’) and one refrigerant
outlet (pipe ‘54’) while SOLID WORK software is applied to draw the geometry. Then the geometry
of STEP format is imported to ANSYS ICEM CFD 18.2 while in ICEM each part of the geometry is
named. The geometry is meshed using hexahedral type elements. Meshing is a significant step for
pre-processing simulation since the model accuracy increases with larger cell numbers but is limited
by computer memory. For the airside model, it consists of two consecutive fins and 54 tube pipes
while the region between two fins is selected as the air domain. As for the CO2 side model, it consists
of 10 consecutive fins and 54 tube pipes. The meshing of geometries is depicted in Fig. 2 while the
mesh details for both two models are described in Table 2. In the second part, the meshed gas
cooler is imported to ANSYS Fluent 19.2 to solve mass, momentum and energy governing equations.
After iteration, each equation achieves convergence with the maximum error of 10 -6 and 10-15 for two
models respectively. The final part of modelling is post-processing including the demonstrations of
temperature, velocity and pressure contours as well as other key characteristics to evaluate the gas
cooler performance.
Case
airside model
CO2 side model

Table 2. Mesh size

Number of nodes
1263000
2220000

Number of faces
3393606
5113610

Number of cells
1060928
1427024
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Figure 2: Meshing of geometry, (a) 10 fins gas cooler model, (b) 2 fins and air flow region model

Figure 3: evaluation planes for average temperature Tair0, Tair1 and Tair2 used
in CFD simulation

2.3.

Airside Heat Transfer Coefficient

Heat transfer coefficient is an important parameter to calculate convective heat transfer between
solid surface and fluid. The local airside heat transfer coefficient is determined for each individual
surface of either fin or tube. However, it is difficult to obtain. If air inlet average temperature is used
for the coil heat flux calculation, the heat transfer coefficient near the second and third rows could
be inaccurate. The reason is primarily caused by lager air temperature changes when flowing
through fins. The feasible method is to use air bulk temperatures in different sections to obtain heat
transfer coefficient.
A modified method for obtaining local airside heat transfer coefficient using the results of CFD model
contains two consecutive fins and an air domain. In this method, local air side heat transfer coefficient
is determined by air temperature distribution in fluid domain. The total air temperature increase
equals to the temperature increases over the first row, the second row and the third row . For
improving the modelling results, air temperatures along the gas cooler are changed through three
sections, which are section 0, section 1 and section 2. The evaluation planes between two
consecutive fins are assumed to obtain the average air temperature of Tair1 and Tair2, as shown in
Fig.3. The local heat transfer coefficient is determined by the temperature difference between
surface and air bulk temperature of different sections. The performance of airside heat transfer
coefficient in one passage between two consecutive fins will be used for the whole gas cooler model.
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ℎ𝑎,𝑖 = 𝐴 (𝑇
𝑖

2.4.

𝑄𝑖
𝑤,𝑖 −𝑇𝑎𝑖𝑟,𝑏𝑢𝑙𝑘 )

Eq. (1)

Refrigerant Side Heat Transfer Coefficient

On the refrigerant side, Gnielinski correlation is used to calculate the respective heat transfer
coefficient:
𝑁𝑢 =

𝜉/8(𝑅𝑒−1000)𝑃𝑟
𝜉

2

12.7√8(𝑃𝑟 3 −1)+1.07

Eq. (2)

Where, Filonenko’s correlation is used to predict the friction coefficient:
𝜉 = (0.79 𝑙𝑛(𝑅𝑒) − 1.64)−2

Eq. (3)

While Reynolds number (Re), Nusselt number (Nu) and Prandtl number (Pr) are calculated
respectively as below:
𝑅𝑒 =
𝑃𝑟 =
𝑁𝑢 =

𝜌𝑢𝑑
𝜇
𝜇𝑐𝑝

Eq. (4)
Eq. (5)

𝑘
ℎ𝑟 𝑘
𝑑

Eq. (6)

Refrigerant side heat transfer coefficient can be determined by Eq. (7):
ℎ𝑟 =

𝑁𝑢
𝑘
𝑑

Eq. (7)

The Gnielinski correlation has been widely applied and validated in the calculation of CO2 heat
transfer coefficient at supercritical region(Ge and Cropper (2009)). Furthermore, the refrigerant outlet
temperature is calculated from heat transfer rate. The CO 2 thermo-physical properties of density,
viscosity, specific heat capacity and thermal conductivity are all functions of temperature and
pressure, which are obtained from REFPROP software:
𝑇𝑟 =

𝑄𝑟
ℎ𝑟 𝐴

+ 𝑇𝑤

𝑄𝑟 = 𝑚̇𝑐𝑝 (∆𝑇𝑟 )

Eq. (8)
Eq. (9)

The fanning f-friction factor is defined as the ratio of sheer stress and flow kinetic energy density,
relating to the pressure drop of refrigerant in tube pipe. It should not be confused with friction
coefficient. The difference is that the value of friction coefficient is four times the value of fanning ffriction factor:
f=

∆𝑃𝐹𝑝
1
2
𝜌𝑢𝑖𝑛
4𝐿
2

ξ = 4f

Eq. (10)
Eq. (11)

The Colburn j-factor is expressed as:
j=

𝑁𝑢
𝑅𝑒𝑃𝑟 1/3
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2.5.
Boundary Conditions
In this numerical study, since the calculated Reynolds number of airflow based on fin space is less
than 2000, laminar flow and viscous model are selected. The following boundary conditions have
been used in airside model for investigating airside local heat transfer coefficient:
• The materials of fin and tube are aluminium and copper respectively.
• The outer side walls of fins are assigned as adiabatic wall.
• Airflow region between two consecutive fins is selected and studied.
• The air thermo-physical properties of density, viscosity, specific heat capacity and thermal
conductivity are all functions of temperature and pressure, which are obtained from REFPROP
software. Each property can be input into FLUENT 19.2 by means of piecewise-linear function.
• For each pipe section, tube inside wall temperature is set as constant.
• The air inlet is set as velocity inlet and outlet as pressure outlet.
Fin, tube outside and inside surfaces are set as convection boundary conditions. To acquire the
refrigerant temperature and pressure changes, boundary conditions have been set up as below for
CO2 side model:
• Import local airside local heat transfer coefficient derived from airside model calculation and
assign three different air bulk temperatures to fin and tube outer surface using User Defined
Function(udf), of which a code has been developed in Visual Studio 2017 for this purpose.

(a)

(b)

(c)

(d)

Figure4: Temperature and velocity contour (air inlet velocity = 2m/s): (a)temperature contour
of middle plane in air flow region (2 fins model), (b)velocity contour of middle plane in air flow region
(2fins model), (c) air inlet velocity contour between fins (2 fins model), (d) temperature contour of each
fin surface (10 fins model)

The temperature and velocity distributions are showed in Fig. 4. Fig. 4a presents air temperature
characteristic at the middle plane between two consecutive fins. Airflow temperature around the firstrow pipe from the right has the lowest temperature compared to the other two rows. Fig. 4b indicates
airflow velocity characteristics. The velocity distribution is nearly symmetric due to the highly
geometric symmetry. The maximum velocity of airflow is thus occurred close to the transverse plane
of boundary layers. When the air flows externally through tubular area, it separates into two side
streams and then forms a stagnant area behind upstream of tubes. Fig. 4d presents the fin surface
temperature profile of CO2 side model. Fin surface near the third-row tube has higher temperature
than the other part due to refrigerant flows into gas cooler from the top left corner. It can also be
observed that tube row temperature can influence each other, which is caused by the transverse
heat conduction and is also considered in the model.

3. MODEL VALIDATION
In this present CFD model, the air inlet Reynolds number is in the range of 90-300 based on the fin
pitch while based on the tube collar diameter is in the range of 1400-4600. Fig. 5c presents airside
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heat transfer coefficient increases with the higher air inlet velocity. When the air inlet velocity
increases from 1 m/s to 3 m/s, average heat transfer coefficient varies from 88.58 W∙m -2K-1 to 138.69
W∙m -2K-1. Numerical research of Ge and Copper (2009) has been validated with experimental
research of Wang et al. (2001) to determine the airside fanning f-friction and Colburn j-factor.
Validation is performed with air inlet and refrigerant temperature set at 302.55 K and 391.25 K
separately. The simulation performance of f-factor and j-factor corresponding to three different
Reynolds numbers have been compared with the results calculated by Wang et al.’s correlations, as
shown in Figs. 5a and 5b. The maximum deviation value of f-friction factor and j-factor are 35.6%
and 33.7% respectively. Subsequently, reasonable agreement can be obtained between CFD results
and the literature correlations.

(a)

(b)

(c)

Figure 5: Comparison of performance parameters of varying Reynolds number. (a) Colburn j-factor,
(b) Fanning f-friction factor, (c) airside average heat transfer coefficient

This model is used to predict refrigerant temperature of each pipe. Test conditions contain several
measurements, including air inlet temperature, air velocity, refrigerant inlet temperature, refrigerant
pressure as well as refrigerant mass flow rate as shown in Fig. 6. It can be seen from both simulation
and experimental results that most of refrigerant temperature drop occurs in the first-row tube from
numbered ‘0’ to ‘18’. In the second row, refrigerant temperature changes slightly from pipe ‘19’ to
‘26’. However, there is a step up when refrigerant flows from pipe ‘26’ to ‘34’. It can be explained that
although refrigerant temperature should be decreased gradually with the increasing pipe number,
the influence of transverse heat conduction cannot be neglected in this model. Meanwhile, the
second reason may be caused by the air wake behind upstream tube is trapped in the stagnant area
for a long time, which could also heat up tube and fin surface temperature. According to the results,
under the same test condition except air inlet velocity, refrigerant temperature of specified point is
always lower for higher air inlet velocity. This is because, higher velocity can improve the heat
transfer coefficient and thus heat transfer rate. In addition, when air inlet temperature is the only
variable, the refrigerant temperature can be cooled more with lower inlet temperature as shown in
Figs. 6a and 6e. This can be explained that air temperature can influence heat transfer coefficient.
It is observed from Figs. 6c and 6d that refrigerant temperature drops more dramatically when
refrigerant mas flow rate decreases. With increasing operating pressure, the temperature difference
between different air inlet velocity for each specified point also increases as shown in Figs. 6e and
6f.
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Figure 6: Comparison of simulation with test results of different test conditions

4. CONSLUSIONS
A three-dimensional CFD model method for fin-and-tube CO2 gas cooler has been proposed in this
paper, allows predicting airside local heat transfer coefficient and the effect of different operating
conditions. Although some researches have carried out different modelling investigations on the heat
transfer performance of finned-tube gas coolers, the modelling method utilized in this study is new.
Comparisons of airside heat transfer coefficient and refrigerant outlet temperature for a variety of
operating measurements were carried out. Fanning f-friction and Colburn j-factor were used to
compare with empirical correlations and they show reasonable agreement. The validated model can
be used to predict the performance of fin-and-tube gas cooler through evaluating approach
temperature. Some conclusions are obtained:
• Airside heat transfer coefficient and heat transfer rate increase with higher air inlet velocity.
• Refrigerant temperature drops dramatically at the beginning of heat exchanger pipes.
• Lower air inlet temperature leads to lower refrigerant outlet temperature.
• The higher velocity leads to lower the approach temperature and thus improving the
performance of gas cooler.
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NOMENCLATURE
A
Cp
d
D
f
Fp
j
H
h
k
L

Area (m 2)
specific heat at constant pressure (J kg -1 K-1)
tube diameter (m)
Depth (m)
fanning friction factor
Fin pitch (m)
Colburn factor
height (m)
heat transfer coefficient (W m -2 K-1)
thermal conductivity (W m -1 K-1)
flow length (m)

T
u
va
W

temperature (k)
velocity (m/s)
air velocity(m/s)
width (m)

Greek symbols
∆
difference
𝛒
density (kg m -3)
𝛏
friction coefficient
𝛍
dynamic viscosity (Pa·s)
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ṁ
Nu
P
Pr
Q
Re

mass flow rate (kg/s)
Nusselt number
pressure (Pa)
Prandtl number
heat transfer (W)
Reynolds number based on fin spacing

Subscripts
a
air
i
ith grid
r
refrigerant
w
wall
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ABSTRACT
Microchannel condensers with separation circuiting have been proved to increase condenser
effectiveness. In the vertical second header, liquid separates from vapor mainly due to gravity,
leaving vapor-rich flow with higher heat transfer coefficient to go upward into more microchannel
tubes.
Separation is usually not perfect, expressed through the separation efficiency. This paper presents
the numerical study of phase separation efficiency. The Eulerian multiphase model of Euler-Euler
approach of Computational Fluid Dynamics (CFD) is used. The two-phase refrigerant R-134a for
mobile air conditioning (MAC) application is simulated. The inlet mass fluxes to the second header
are 166 kg·m-2·s-1, 207 kg·m-2·s-1 and 311 kg·m-2·s-1. The inlet quality is in the range of 0.16 –
0.21.Simulation agrees well with the experiments. The CFD results are also compared to a 1-D
numerical model previously built by the authors and a good agreement has been found.
Conclusion can be drawn that liquid separation efficiency ηl decreases with increasing vapor
separation efficiency ηv following a linear trend in the experimental range. Reversed flow can be
seen in the cross section of the header.
Keywords: Microchannel Condenser, Second Header, CFD, Two-phase Flow, R134a.

1. INTRODUCTION
Li and Hrnjak (2017a; 2017b) proved that an automotive condenser with separation circuitry
(separation condenser) improved the condenser flow rate by 7.4% (5.1% on capacity). The inlet of
the multi-pass separation condenser is designed to be at the middle of the condenser height. Then
in the vertical second header, vapor phase is expected to move upward owing to buoyancy based
on the density difference between vapor phase and liquid phase, as shown in Fig. 1a. Meanwhile,
liquid phase moves downward along the gravity direction. This separation between vapor and liquid
is based purely on property differences, which does not incur too much additional cost.
A physical understanding needs to be acquired towards the extent of separation between the two
phases in the second header of a microchannel condenser. Usually upward moving gas flow will
drag liquid droplets/ligaments with it and liquid flow will be mixed with gas bubbles. Fig. 1b shows
the nomenclature for the quantification of phase separation in the second header. Two separation
efficiencies have been defined for liquid and for vapor. Liquid separation efficiency ηl is evaluated by
Eq. (1). Vapor separation efficiency ηv is calculated by Eq. (2).

hl =

! l,l
m
! l,v + m
! l,l
m

Eq. (1)

m! v,v

Eq. (2)
m! v,v + m! v,l
where 𝑚̇#,# and 𝑚̇%,# are the vapor mass flow rate and liquid mass flow rate, respectively, at the vapor
exit; 𝑚̇#,% and 𝑚̇%,% are the vapor mass flow rate and liquid mass flow rate, respectively, at the liquid
exit. ηv = ηl = 1 will be the ideal case of separation (complete phase separation). 0.5 < ηv < 1 and 0.5
< ηl < 1 will indicate partial phase separation.

hv =
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(a)

(b)
Figure 1: a) Condenser with separation circuiting; b) Variable to determine the separation efficiency

Representative work in the past two decades using computational fluid dynamics (CFD) to model
the header flow included Fei and Hrnjak (2004), Li et al. (2005), Ha et al. (2006), Stevanovic et al.
(2012), and Stevanovic and Hrnjak (2017). Different authors have been focusing on different types
of headers or distributors, but not second headers that are of our interest. The generic characteristics
of headers for uniform distribution need to be further studied. Also, no universal CFD model has
been proved to work for all the cases
This paper provides the CFD modeling results for two-phase R134a refrigerant flow in the second
header of the separation condenser represented by Fig. 1a. To the authors’ best knowledge, it is the
first time in literature to present CFD simulation for this type of header. Simulation results show fair
agreement with experiment results. A 1-D numerical model was also built previously in Li and Hrnjak
(2019) based on force analysis. It is also one goal of this paper to compare the CFD results with the
results of the 1-D model.

2. MODEL DESCRIPTION
ANSYS-Fluent is employed to simulate the two-phase flow. The simulation of the vapor–liquid
monodispersed flow is conducted using the Eulerian multiphase model based on the Euler–Euler
approach (ANSYS, 2018), in which the vapor phase is regarded as continuum and liquid phase as
dispersed phase. Refrigerant fluid properties are calculated from REFPROP 9.1 (Lemmon et al.,
2013).
To simplify numerical simulation while still keeping the basic characteristics of the process, the
following assumptions are made in the present simulations:
(1) The thermal properties of the fluids are constants. The continuous vapor phase is
macroscopically regarded as continua, and the dispersed liquid phase is spherical in shape.
(2) For the 21 inlets to the second header, uniform flow rates are assumed for both the gas phase
and the liquid phase. This is because the inlet to the 1st pass of the condenser is usually
single-phase vapor which should be uniformly distributed with uniform air velocity over the
whole face of the condenser.
(3) The two-phase flow processes are in steady state and the interfacial mass transfer is not
considered.
For the interfacial forces, drag force (Schiller and Naumann, 1933, 1935) and lift force (Legendre
and Magnaudet, 1998) are considered. Based on the definitions in ANSYS (2018), the wall
lubrication force 𝐹⃗)%,* (the forces that pushes the bubbles away from the walls for bubbly flows) and
virtual mass force 𝐹⃗#+,* (the inertia force of the vapor encountered by the accelerating liquid droplets)
are relatively small and not considered in the study. The turbulence dispersion force 𝐹⃗,-,* is the
instantaneous drag minus the mean drag 𝐹⃗-./0,* and normally denotes the turbulent diffusion in
dispersed flow. Since Reynolds number is on the order of 103 in header, the turbulence dispersion
force is also assumed to be small and negligible in the current calculation.
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The governing mass and momentum conservation equations are discretized by the finite volume
method; the convection term is discretized by 1st order scheme. The calculation is performed in
double precision. The Phase Coupled SIMPLE (PC-SIMPLE) algorithm is used for the pressurevelocity coupling.
The 3-D computational domain of the CFD model is the inlet part of the second header as shown in
Fig. 2. The upper part to the 2nd-vapor pass and the lower part to the 2nd-liquid pass are essentially
two inlet headers that have been widely studied. Therefore, they are not of interest in this study. The
computational domain is all fluid volume and is discretized into a number of nodes forming a
hexahedral mesh. Two necessary modifications are done to the original domain:
(1) The domain is cut to be half due to symmetry;
(2) The vapor exit end and the liquid exit end are elongated by eight times of the diameter to
prevent big amount of reversed flow at the two exits (almost half of the tube).
The elongated parts have simpler geometry that is only two half round tubes, so flow field should be
less complex than that in the inlet part with intrusions. So, the axial length of one node is twice of
that in the inlet part.
The grid independence test is carried out to ensure a grid-independent solution is obtained. The size
of one node is kept small enough to have 2 nodes along the height of the microchannel tube slot.
Three different grid systems with 972,871, 1,539,867 and 1,997,222 nodes are adopted for
calculation of the whole computational domain. For the 972,871-node grid, the maximum cell size of
the inlet part is 0.4 mm; for the 1,539,867-node grid, the maximum cross-sectional cell size is 0.3
mm and the maximum axial cell size of the inlet part is 0.4 mm; for the 1,997,222-node grid, the
maximum cell size of the inlet part is 0.3 mm. Fig. 3 shows the cross-sectional view and the
microchannel view of the mesh with 1,539,867 nodes. When the node number is 1,997,222, the
difference of the liquid and vapor separation efficiencies is less than 2% compared to the 1,539,867node system. Considering the computational time cost and precision, the 1,539,867-node system is
taken for the computation.
The velocity boundary condition is adopted for the gas and liquid inlets. The average static pressure
boundary conditions are used for the outlet.
An iterative solution process in Fluent is implemented by a steady-state solution process. The
convergence criterion in the simulation is that the residuals for all the variables are lower than 1.0×102
and the mass flow imbalance between the outlet and inlet is less than 1%. When checking the
mass flow balance between outlet and inlet, 6000 iteration steps are needed to reach the level of
less than 1%.

Figure 2: Computational domain of the 1-D model
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(a)
(b)
Figure 3: The mesh with 1,539,867 nodes: (a) Cross-sectional view of the header; (b) Microchannel 2D view

3. RESULTS AND DISCUSSION
A pump-powered closed loop for testing the separation efficiency in the second header was built. Its
schematic is shown in Fig. 4. More details about the test facility can be referred in Li and Hrnjak
(2018).
The tested second header was made to have the similar geometry to the header of a real condenser.
It had 21 inlet tubes same as the tube number of the first pass of the real automotive condenser.
The main pipe of the tested header was round in shape, with an inner diameter of 15.8 mm. The
lateral tubes were flat microchannel tube with a dimension of 13.6 mm x 1.0 mm. Hydraulic diameter
of the microchannel port was 0.54 mm. The tube pitch was 7.0 mm. The geometry model in CFD is
built to be the same as the header in the experimental tests.
In the phase separation condenser, the upper vapor path and the lower liquid path finally mix in the
integrated receiver/drier. Different flow resistances of the vapor path and the liquid path give different
pressure drop, which will set the pressure boundary condition for flow field inside the second header,

Figure 4: Schematic of test facility for measuring the separation efficiency in the second header
prototype

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2338

thus altering the flow separation phenomenon. The real automotive condenser has less tubes in the
liquid path than in the vapor path; flow resistance on the path of liquid exit is normally higher.
Therefore, in experiments, to simulate the higher path resistance, the metering valve on the path of
the liquid exit is gradually closed in Fig. 4. When closing the valve on the path of liquid exit, less and
less flow goes through that path. This will cause ηv to increase and ηl to decrease. That is the general
trend for all the inlet conditions.
The 18 cases studied in the numerical simulation are listed in Table 1. The working fluid is R-134a.
Three pairs of mass flux and gas quality at the inlet are investigated: Gin = 166 kg·m-2·s-1, xin = 0.21;
Gin = 207 kg·m-2·s-1, xin = 0.2; Gin = 311 kg·m-2·s-1, xin = 0.16.
The CFD simulation results are compared here to the experimental data and the results of the 1-D
mechanistic model presented in Li and Hrnjak (2019). Fig. 5 plots pairs of ηl and ηv from experiments
as discrete points (EXP as the legend). The uncertainty of ηv is within 2.1% and the uncertainty of ηl
within 1.6%. With the values of vapor separation efficiency ηv from Fig. 5 being the inputs of the
mechanistic model, ηl will be calculated and the relationship is plotted as a continuous curve (MOD
as the legend) for each inlet condition. With Eq. (1) and Eq. (2) in mind, Fig. 5 demonstrates more
liquid (ṁl,v) moves upward when there is more upward-moving vapor (ṁv,v). In the range that the
experimental conditions cover, the ηl decreases linearly with increasing ηv. That is the consequence
of the fact that the portion of the liquid that gets “dragged” upward becomes bigger for several inlet
tubes.
For the same inlet condition with the experiment, estimated pressure boundary condition is the input
for each case of the CFD model and the results are shown as the discrete dots also in Fig. 5. It
shows that the CFD simulation captures the changing trend of ηl as a function of ηv. More than 90%
of the data points are predicted within +/- 5% deviation from the experimental results for both
condensers. One of the reasons for the deviation of experiment data from the 1-D model result is
Gin [kg/m -s]

Table 1. Conditions for the cases in the CFD simulation

xin [-]

166

ηv [-]
0.598
0.609
0.624
0.674
0.733
0.776
0.582
0.604
0.611

0.21

207

0.2

1.0
0.9
0.8

Case
10
11
12
13
14
15
16
17
18

Gin [kg/m2-s]

xin [-]

207

0.2

311

0.16

ηv [-]
0.643
0.703
0.763
0.578
0.586
0.596
0.627
0.694
0.751

Gin=166 kg×m-2×s-1 xin=0.21
Gin=207 kg×m ×s xin=0.20
-2

-1

0.7
0.6

hl (-)

Case
1
2
3
4
5
6
7
8
9

2

0.5
0.4
0.3
0.2
0.1
0.0
0.0

EXP Gin166 xin0.21
1-D MOD Gin166 xin0.21
CFD Gin166 xin0.21
EXP Gin207 xin0.20
1-D MOD Gin207 xin0.20
CFD Gin207 xin0.20
EXP Gin311 xin0.16
1-D MOD Gin311 xin0.16
CFD Gin311 xin0.16

0.1

0.2

0.3

0.4

Gin=311 kg×m-2×s-1 xin=0.16

0.5

hv(-)

0.6

0.7

0.8

0.9

1.0

Figure 5: ηl changes as function of ηv for three simulated inlet conditions
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due to small variance of inlet condition, because in experiment the inlet mass flux, quality and
pressure cannot be controlled perfectly to be the constants inputted to the model. Inlet pressure in
experiments is within ±15 kPa difference to an average for each inlet condition.
Fig. 6 demonstrates the comparison of the liquid location between CFD simulation results and
snapshots of flow visualization videos for three cases. The CFD results show the vapor volume
fraction, e.g. void fraction, on the wall of the header. It is confirmed through the CFD results that
most of the liquid accumulates on the opposite side to the inlet tubes on the wall of the header. This
is mainly due to the intrusion of the inlet tubes into the header.
Even though this kind of comparison is intuitive, it has two limitations: (1) the flow visualization
video always shows the smallest void fraction because it captures the flow not only at the plane of
focus but also at planes closer to or farther away from the camera; (2) the video of two-phase flow
shows a period, while the CFD result only shows the result of a steady state solution. Even though
measurements were taken at a steady state, the two-phase flow itself has instability in nature, so in
the video there is fluctuation involved. One snapshot from a video may not represent the average
position of the liquid. This may cause the difference between a snapshot of the video and the CFD
result.
For the 18 cases, a general phenomenon exists that there are vortices between adjacent
microchannel tubes. At steady state, these local vortices prevent most of the liquid coming to the
intrusion side of the header and make liquid flow mostly along the opposite side. Fig. 7 indicates the
vortices from the cross-sectional view. It shows the vapor velocity contours on the two exit planes.
For both contours, the vapor velocity has opposite directions on the intrusion side of the header and
on the other side. While flow velocity on the vapor exit plane is supposed to be positive and on the
liquid exit plane negative, there are clearly reverse flow on the intrusion side of these two exit planes.
For the same case as in Fig. 7, Fig. 8 shows the local vapor and liquid superficial velocities together
with the snapshot of flow visualization. Results generated by the 1-D model and the CFD simulation
are compared. The velocity of each cross-sectional plane in the CFD results is calculated as the
average velocity of that plane. In the 1-D model, the segment where a phase changes its direction
is defined as the critical location for that phase. Above the liquid critical location locl.crit, there is
upward churn flow based on the flow map by Taitel et al. (1980); below locl.crit and the vapor critical
location locv.crit, the directions of vapor velocity and liquid velocity are opposite, thus there is countercurrent flow.
Fig. 8 demonstrates a good match between the 1-D model result and the CFD result. The vapor
superficial velocity uvs is offset by about 0.025 m/s because the estimated pressure inputs for CFD
did not give exactly the same uvs. But the deviation is small and the point is with the very close uvs

(a)

(b)

(c)

Figure 6: Comparison of liquid location between the CFD simulation and experimental flow
visualization (dark region): (a) Gin = 166 kg/(m2·s), xin = 0.21, ηv = 0.60; (b) Gin = 207 kg/(m2·s), xin =
0.21, ηv = 0.58; (c) Gin = 311 kg/(m2·s), xin = 0.16, ηv = 0.58
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Figure 7: Vapor velocity at two exit planes. R134a, Gin = 207 kg/(m2·s), xin = 0.21, Pin = 511.4 kPa, ηv =
0.58

Figure 8: Velocity comparison between CFD and the quick 1-D model. Same operating condition with
Figure 7

the liquid superficial velocity is matched well. More importantly, the agreed trend with CFD proves
the assumption made about liquid velocity in the 1-D model is valid. Basically, a larger portion of the
liquid from top inlet tubes will get dragged due to higher local vapor velocity compared with those
from lower inlet tubes. With higher vapor velocity due to bigger ηv, the portion of liquid that gets
dragged increase for all the inlet tubes above locv,crit .

4. CONCLUSION
Two-phase flow in a second header for separation condensers is numerically studied. The CFD
model is validated against experiment data and a 1-D quick mechanistic model based on
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experimental correlations. Conclusion can be drawn that liquid separation efficiency ηl decreases
with increasing ηv following a linear trend.
The match on velocity profile between the CFD result and the 1-D model result provides supports
for the assumption about liquid drag in the 1-D model: a higher portion of the liquid from top inlet
tubes will get dragged due to higher local vapor velocity compared with those from lower inlet tubes.
It is also found from the CFD results that there are vortices between adjacent MC tubes. These
vortices keep most of the liquid flowing on the opposite side of the header to the side of intrusion.
Reverse flow is strong on the exit planes to the 2nd passes of the condenser. Reverse flow happens
on the intrusion side of the second header.
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ABSTRACT
In order to develop advanced control strategies for complex thermal systems such as in the case of
refrigeration and air-conditioning systems, calibrated models against experimental measurements
are necessary to reproduce with accuracy the behavior of the real plant, under static and dynamic
conditions. Even if accurate information (e.g.: look-up tables) for each component (e.g.: heat
exchangers, compressors, etc.) is known, and incorporated to the model plant, the effect of
integration of the components in the whole plant has to be taken into account. In a context of fast
industrial development, a procedure of minimization of nº tests for the whole plant oriented to
model plant calibration has been developed, suitable for Simulink or Modelica environments. This
procedure is based on the optimized generation of the nº of tests to be done, according to the error
against the available previous data. Once the experimental is doing the generated matrix of new
data is used to calibrate the model, using scattered interpolation strategies.
Keywords: HVAC&R, Model Calibration, Interpolation Method.

1. INTRODUCTION
The numerical simulation is a powerful tool that allow predicts the thermal behaviour of devices
used in refrigeration and air-conditioning systems. These tools are based on a mathematical model
which describes the physical phenomena by means of a set of equations and/or previous empirical
information. Many times this previous information is organized in an array or matrix of data, which
is known as look-up table. Besides of the previous information, a model calibration against
experimental measurement is required to develop and configure an accuracy numerical simulation
tool.
The calibration methodology is based on identifying a general rule, which defines a phenomenon,
and compare it with the numerical results obtained. Defining a general rule is not easy, because
the rule is evaluated from a set of data that has been obtained in limited conditions and this rule
has to be extended to other conditions in which the measurements were not obtained. Thus, the
effort consist of finding a rule (function Pf) that fit very well with measurements and gives good fit in
points outside of the measured range. A way to achieve this objective is using any kind of
interpolation method (Fasshauer, 2007).
In this paper, a calibration methodology is proposed to recalibrate the numerical model of an airconditioning system, which uses empirical information collected in form of look-up tables. The
information of the look-up tables help to predict the thermal and dynamic behaviour of any kind of
device (e.g.: compressor, heat exchangers, expansion valve, etc.) that make up the system.
Besides of this, a pre-process tool to define the minimum number of experimental points required
to recalibrate each one of the devices included into the model is described. The final results for
each one of the components of the air-conditioning system are detailed.
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2. CALIBRATION METHOD
2.1. Numerical Model
The numerical model is based on a set of mathematical equations, which generates an output that
depends of the inputs. Sometimes the numerical model uses empirical information organized in
form of a look-up table to give a solution of the problem. A schematic representation of a numerical
model is shown in Fig. 1.
Inputs
(Ti, Pi, Po, Q, S)

Output
(To)

Numerical model
(Set of equations and
Look-up tables)

Figure 1: Schematic representation of a numerical model.

The numerical model of a compressor is used to present an optimization procedure for model
calibration, in which the inputs are: the inlet temperature of the fluid, the inlet and outlet pressures,
the mass flow, and the speed of the compressor. The output of the model is the temperature of the
fluid at the outlet of the compressor. The mathematical expression used to evaluate the outlet
temperature is:

𝑇𝑜 = 𝑇𝑖 +

𝑇𝑖
𝜀

(𝑃𝑅

𝛾−1
𝛾

− 1)

Eq. (1)

Where the efficiency (ε) is obtained from a look-up table, which is function of the mass flow (Q) and
the compressor speed (S).
2.2. Model Calibration
The strategy followed to calibrate a numerical model is the comparison between experimental data
obtained from an experimental unit (YMEASURED) and the numerical results obtained from the model
(YMODEL). Both values obtained using the same input (I). A corrector value (ECORRECTOR) is obtained
from the comparison, which will be a new input of the numerical model. This corrector value will
modify the original numerical model results with the aim of finding an accuracy result, looking for a
better representation of the real behaviour of the component or system simulated. A blocks
diagram with the calibration method is shown in Fig. 2.
I

YMEASURED

Experimental
unit

Numerical
model

YMODEL

Comparison

ECORRECTOR

Figure 2: Block diagram of the calibration.

2.2. Calibration Strategy of Look-up Tables
The calibration method consists of modifying the original look-up table (previously known, which
was obtained using an isolated bench of test) to a new look-up table that considers integration
effects. To achieve this objective the next re-calibration strategy of the look-up table is proposed to
be applied on the compressor efficiency value (ε):
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•

Generating a look-up-table with corrector values (ECORRECTOR), which takes old efficiency
and obtains a new efficiency, therefore acquiring all previous information as the baseline
values:
𝜀𝑛𝑒𝑤 (𝑖, 𝑗) = 𝜀𝑜𝑙𝑑 (𝑖, 𝑗) ∗ 𝐸𝐶𝑂𝑅𝑅𝐸𝐶𝑇𝑂𝑅 (𝑖, 𝑗)

•

Eq. (2)

Scattered values of this corrector will be obtained from experiments at certain values (i,j),
for this specific case the mass flow (Q) and the compressor speed (S):
𝐸𝐶𝑂𝑅𝑅𝐸𝐶𝑇𝑂𝑅 = 𝐼𝑛𝑡𝑒𝑔𝑟𝑎𝑡𝑒𝑑𝜀 / 𝐼𝑠𝑜𝑙𝑎𝑡𝑒𝑑𝜀

Eq. (3)

Applying an interpolation-extrapolation method to obtain the ECORRECTOR for points without
experimental information from the scattered values previously evaluated.
An important factor is defining the minimum number of experimental points required to apply the
strategy presented, looking for an optimized process without loss accuracy in the results.
•

2.3. Interpolation Methods
Different interpolation/extrapolation methods can be used to obtain the ECORRECTOR value for all
points with and without experimental information; some of them are shortly described:
• Scattered interpolant: This method is used when the location of measurement is not
distributed in a regular grid (scattered data). This function returns a surface of the
form V = F(x, y). This surface always passes through the sample values at the point
locations. The surface can be evaluated at any query point, (xq,yq), to produce an
interpolated value, vq.
• Grid data interpolation: This method fits a surface of the form V = F(x,y) to the scattered
data in the vectors (x,y,v), in which v is the vector of sample values that correspond to the
sample coordinates x, y (for 2D). Griddata interpolates the surface at the query points
specified by (xq,yq) and returns the interpolated values, vq. The surface always passes
through the data points defined by x and y. The griddata function is useful when you need
to interpolate to find the values at a set of predefined grid-point locations. In practice,
interpolation problems are often more general, and the scatteredInterpolant provides
greater flexibility
• Fit: This method fits curve or surface to data. Different kind of fit type can be used in
function of the model selected to fit, some of them are: i) Least squares: This model proves
the parameter values that defining the best data fit. A model function F(x,B) is defined,
where m parameters are held in the vector B. The result of the fitting process is an estimate
of the model parameters, together with the sum of the squares of the residuals; and ii)
Polynomial estimation: Returns the coefficients for a polynomial p(x) of degree n that is a
best fit (in a least-squares sense) for the data in y. Others fit type can be used (MathWork,
MATLAB, 2018).

3. APPLICATION OF THE CALIBRATION STRATEGY
Applying the calibration strategy proposed in previous section, the look-up table of the compressor
efficiency has been analysed.
The original look-up table (previous known) and the modified look-up table of the compressor
efficiency are depicted in Fig. 3. The comparison between both efficiency values (original and
modified) is represented in function of the mass flows (Q) and the speed compressor (S); both
variables are expressed in dimensionless way (which value is defined from 0 to 1). Some
difference can be seen between both surfaces, the modified compressor efficiency gives a higher
value than the original value from look-up table.
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Figure 3: Original and modified Look-up table comparison (left); Efficiency vs. Speed (middle); and
Efficiency vs. Mass Flow (right).

The scattered corrector values (ECORRECTOR) are shown in Fig. 4, together with the surface
generated from these and its projection on the Q vs S plane. The ECORRECTOR values will be used to
done the correction of the original look-up tables. However, the corrector values cover a small area
of the Q vs S plane giving as result that more experimental data are required to carry out a
recalibration of the look-up table of compressor in its total operating range. Then, a strategy to
define the perimeter operating range and the minimum number of points required to carry out an
efficient and complete calibration of the compressor will be presented.

Figure 4: Scattered corrector values (left) and corrector value surface (right).

4. OPTIMIZATION FOR MODEL CALIBRATION
After finding that the available experimental data is not enough to apply correctly the recalibration
strategy proposed, an optimization procedure based on defining the minimum number of point
required to achieve the compressor calibration will be presented.
A group of working points should be defined, which will be into an operating range previously
defined in function of the device analysed (the compressor) and the others devices that make up
the whole system. Once the valid points are defined, the valid perimeter of the matrix of points and
the minimum number of points will be evaluated.
4.1. Valid Points to be Tested
The first step is defining well the operating range of the device (compressor), therefore the main
variables of the compressor: the speed compressor and the pressures ratio, and the fluid: mass
flow and temperature should be taken into account to establish a zone in which the device can
work without any problem. It is important not forget the restrictions imposed by the system at which
is coupled the device.
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Using a virtual tool (Plant Model including the control security rules) a matrix of possible points is
generated. Taking into account some criteria, the valid points are defined in function of the
operating range (safety working conditions of the component and the system). In this form the
points are classified in two types: points with value equal to 1 mean a valid point to test, whilst
points with value equal to 0 mean invalid points. The invalid points will be out of the test. The
matrix point with valid and invalids points are depicted in Fig. 5, together with a second graphical
representation that shows the final valid points.

Figure 5: Matrix of points (left) and Matrix of point with valid points to be tested (right).

4.2. The Perimeter Operating Range
The group of points classified as valid helps to define a contour or perimeter, which can be
evaluated from any set of scattered values (Mclain, 1974). This contour is defined as “perimeter
operating range”.
The shape of the perimeter operating range for the compressor can be affected by some
conditions, as an example the influence of the fluid temperature at the inlet of the compressor has
been used to show the change of the perimeter shape, it is shown in Fig. 6. This occurs because
variations in the fluid temperature value at the inlet (increasing it) affect the thermal behaviour of
the compressor, which is conditioned by the control security rules of the system.

Temp. 1

Temp. 2

Temp. 3

Figure 6: Perimeter shape in function of the fluid temperature at the inlet.

4.3 The Location of the Point into the Perimeter
Once the perimeter operating range has been defined, a number of points and the location of these
points into the perimeter will be carried out. The proposal consists of using the variation of the
variable defined by the look-up table in function of the dependent parameters to obtain the module
gradient, i.e.: evaluating the variation of the Efficiency (ε) in function of the mass flow (Q) and the
dε
dε
compressor speed (S) variation,
and . The module gradient is depicted in Fig. 7.
dQ

dS
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Figure 7: Perimeter and efficiency gradient map (left); and Module gradient of the efficiency (right).

Regarding to the distribution of points into the perimeter, two different ways could be used: a
regular or a random distribution of points. A graphical representation of both alternatives is shown
in Fig. 8.

Figure 8: Distribution of the points into the perimeter operating range.

4.4 The Minimum Number of Points
The criterion followed to define the minimum number of points is the mean relative error evaluated
between the original value (εoriginal) and the new value (εinterpolated). The original value is obtained
from a look-up table (previously known), whilst the new value is obtained after applying an
interpolation method on the scattered points proposed to be tested. The way to obtain the new
value is: i) applying a linear interpolation method on the look-up table to find the value of the
variable analysed in the position of the scattered points; ii) generating a surface that define the new
values from the group of scattered new values by means of an interpolation function; and iii) using
the same position than the original value, evaluate the new value from the surface generated.
Once the new values are obtained these should be compared with original values to evaluate the
error in each point of the look-up table and the mean error. If the group of points is not enough to
find a good representation of the variable, the mean relative error will be high and the number of
points will be increased.
𝐷𝑖𝑓𝑓𝑒𝑟𝑒𝑛𝑐𝑒 = |𝜀𝑜𝑟𝑖𝑔𝑖𝑛𝑎𝑙 − 𝜀𝑖𝑛𝑡𝑒𝑟𝑝𝑜𝑙𝑎𝑡𝑒𝑑 |

Eq. (4)

|𝜀𝑜𝑟𝑖𝑔𝑖𝑛𝑎𝑙 − 𝜀𝑖𝑛𝑡𝑒𝑟𝑝𝑜𝑙𝑎𝑡𝑒𝑑 |

Eq. (5)

𝐸𝑟𝑟𝑜𝑟 =

𝜀𝑜𝑟𝑖𝑔𝑖𝑛𝑎𝑙

𝑥100

4.5 The Interpolation Influence
The influence of applying the scatteredInterpolant function, the griddata function and the fit
function, all from MATLAB, in the value interpolated has been analysed.
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Using the scatteredInterpolant and griddata function give as result a high value in the relative error
of the variable studied (Compressor Efficiency) as consequence of the triangulation method used
by these both interpolation functions (MathWork, MATLAB, 2018). Using the fit function is a way to
avoid this problem, because this function does not apply any triangulation method to solve the
interpolation. Applying the fit function gives better results than the others. The surfaces obtained by
means of different interpolation functions, which define the compressor Efficiency value for a case
of 48 points is shown in Fig. 9.

Figure 9: Efficiency surface obtained from different interpolation methods: scatteredInterpolant,
griddata and fit function for a uniform distribution of points.

Using the fit function produces a surface that represents better the set of scattered points than the
surface obtained with scatteredInterpolant or griddata function. The error of the compressor
Efficiency value in function of the interpolation methods applied and the number of points (using
the fit function) is detailed in Table 1.
Table 1. Errors in function of: the interpolation method (left); and number of points (right)

Mean error
(%)
12.01
9.95

Number of
points
25
48

Max error (%)

Scattered interpolant
Grid data

Max error
(%)
34.39
34.06

77.74
37.99

Mean error
(%)
10.50
4.61

Fit (poly23)
Fit (loess)

89.10
37.99

7.68
4.61

86

39.68

3.03

Interpolation method

4.6. Final Results
The application of the optimization test points on the compressor gives as result that the minimum
number of points to test is 48. The distribution of points into the operating range perimeter and the
relative error for each one of the points are represented in Fig. 10.

Figure 10: Points to be tested in the compressor and relative error.
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Using 48 points, the maximum difference obtained between the original and the interpolated value
is about 12.8% of the measurement range, achieving a mean error value of 4.61% when the fit
function is applied on the compressor.
Applying the methodology proposed in this paper, the others devices that make up the airconditioning system have been analysed. The minimum numbers of points for each one of the
components or devices are detailed in Table 2, including the errors obtained.
Table 2. Results after applying the optimization method on others devices

Device

Number of points

Dev. 1
Dev. 2
Dev. 3
Dev. 4
Dev. 5

44
26
36
14
14

Max error
(%)
8.14
4.61
13.21
1.85
0.65

Mean error
(%)
2.60
1.30
1.81
0.42
0.21

Using the number of points obtained with the optimization method for each one of the components,
a general test procedure process can be defined to obtain the experimental data of the whole
system.

5. CONCLUSIONS
A calibration method for numerical simulation models has been presented. This proposal is based
on a look-up table correction strategy, which requires an original look-up table (information
previously known) and a set of experimental data (new information). An optimization procedure to
obtain the set of data, which is based on the test number minimization according detailed error
comparison against existing previous data, is described. The calibration and optimization
methodology has been applied on a compressor, which is a component of an air-conditioning
system. A tool has been also implemented to define the perimeter operating range, the location of
the points into the contour and the minimum number of points required to find a good correction of
the variable studied (e.g.: a compressor efficiency). The final result gives that 48 points are
required to calibrate the compressor. The methodology explained has been followed to analyse the
other devices of the air-conditioning system, obtaining the minimum number of points for each one.
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NOMENCLATURE
P
PR
Q
S

pressure (-)
pressure ratio (-)
mass flow (-)
speed (-)

T
𝜀
𝛾

temperature (-)
efficiency (-)
isentropic coef. (-)
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ABSTRACT
This paper aims at deriving design recommendations for plate heat exchanger (PHE) evaporators
and condensers in heat pump (HP) systems using different refrigerants. A coupled HP - PHE
simulation framework was used to carry out cycle and component design for a case study, with
different combinations of PHE geometrical parameters, and propane, butane and propylene/butane
(0.5/0.5) as refrigerants. An operating model subsequently evaluated the heat pump thermodynamic
and economic performance with the different designed PHEs: the trade-off between heat transfer
area and refrigerant pressure drops was therefore taken into account for both components. Only
evaporator pressure drops affected the Coefficient of Performance (COP), and different refrigerants
presented dissimilar slopes of degradation. Condenser design did not influence the COP, and the
economic optimum corresponded to the lowest size. The evaporator design at minimum cost was
instead found as a trade-off between heat transfer area and pressure drops for all the working fluids.
Despite the different rates of COP drop, the three refrigerants resulted in the same optimal pressure
drop at the evaporator, equal to around 5 kPa.
Keywords: Pressure drops, Zeotropic mixtures, Evaporators, Condensers, Economic analysis

1. INTRODUCTION
Optimal design of evaporators and condensers in heat pumps plays a key-role for overall system
thermodynamic and economic optimization. Plate heat exchangers (PHEs) offer a compact design
that is feasible for both pure fluids and zeotropic mixtures. Contrary to the most common
configurations of micro-channel heat exchangers (HEXs), PHE allows counter-current flow
arrangement, which is essential for temperature glide matching between mixed refrigerants and heat
source/sink. Nonetheless, HEX design often relies on criteria based on heuristics, such as maximum
allowable inlet velocities or maximum pressure drop, possibly leading to suboptimal solutions,
depending on the working fluid (Mancini et al., 2018). Previous studies (Muralikrishna and Shenoy,
2000; Wang and Sundén, 2003) attempted at establishing trade-off criteria between pressure drops
and investment in heat transfer area, yet mostly focusing on single-phase application or without
considering the impact on the thermodynamic cycle performance. On the other hand, HEX design
optimization (with or without system integration) was addressed by several works in literature, also
focusing on PHEs (Walraven et al., 2014; Xu et al., 2015). However, a simultaneous
component/system optimization may entail a high computational cost, especially during the
preliminary system design phase and working fluid selection. For example, screening of multiple
combinations of pure fluids at different compositions to evaluate the performance of mixed
refrigerants (Zühlsdorf et al., 2019), may require too many evaluations of system performance.
In this context, the present work aims at: (i) comparing the relative impact of condenser and
evaporator design on the heat pump thermodynamic and economic performance, by looking at both
area investment and pressure drops. (ii) Estimating the differences between three working fluids
(pure and mixed refrigerants), for a case study. (iii) Discussing similarities and differences
considering fluids thermo-physical properties. (iv) Attempting at the definition of general design
recommendations for PHE evaporator and condenser in HP systems to be used during the
preliminary system design phase.
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2. METHODS
This section describes the chosen case study, the overall procedure and the numerical modelling.
2.1.

Case Study

A case study previously published in (Zühlsdorf et al., 2019) was chosen for the analysis. A heat
pump (HP) was integrated in a data centre facility for waste heat recovery purposes, with the aim of
supplying heat to the district heating (DH) network. Propane, butane and a mixture of
propylene/butane at (0.5/0.5) mass composition were found among the best performing working
fluids. The heat pump was sized by fixing the heat transfer rate at the evaporator, i.e. 500 kW to use
as waste heat. Moreover, the heat source was considered to be water entering the evaporator at 50
°C and leaving at 25 °C, while the heat sink was considered to be water entering the condenser at
50 °C to be heated up to 75 °C, i.e. the temperature level required by the DH network.
Table 1. Heat pump design and operating parameters for the three considered refrigerants

𝑄̇cond ,

𝑄̇eva ,

𝑝cond ,

𝑝eva ,

COP,

̇
𝑉out,eva
,

kW

kW

bar

bar

-

m3 /h

Propane

638

500

28.1

8.8

4.4

370

Butane

630

500

9.5

2.2

4.5

1100

Propylene/Butane

600

500

16.4

5.6

5.6

460

Working fluid

2.2.

Coupled heat pump-plate heat exchanger simulation framework

The simulation framework structure is shown in Figure 1. The models were built in MATLAB
(Mathworks, 2017), and fluid properties were estimated by REFPROP 10 (Lemmon et al., 2018).
The reader is referred to (Mancini et al., 2018) for a detailed description of the PHE design models,
and to (Mancini et al., 2019) for a comprehensive description of the heat pump design and operating
models, with detailed PHE characterization.

Figure 1: Workflow of the overall method

First, the working fluid and the case study boundary conditions (BCs) were defined and used in the
HP design model. The PHE evaporator and condenser designs were subsequently carried out, for
different combinations of geometrical parameters. The aim of the parametric analysis was to obtain
PHE designs with different heat transfer areas and pressure drops. The resulting configurations were
finally used in a HP operating model, which additionally received as input the control values chosen
for the operation, namely a fixed superheat, subcooling and suction volume flow rate at the
compressor inlet. The resulting HP operating conditions, affecting the compressor power
requirement and the heat supply of the condenser, were used in an economic analysis to estimate
the COP and operating costs.
2.2.1. Parametric Analysis on PHE geometry
A parametric study was conducted on the geometry of both evaporator and condenser. It was
decided to fix the corrugation geometry of the PHEs and to carry out a sensitivity study on the plate
size and count. The plate width 𝑊 and number of channels 𝑁ch were varied for both the components,
while the plate length was estimated as an output of the design model. The values used in the
parametric analysis are reported in Table 2.
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Table 2: Plate width and number of channels values used in the parametric study

Parameter
𝑊eva
𝑁ch,eva
𝑊cond
𝑁ch,cond

Working fluid
All fluids
Propane
Butane
Propylene/butane
All fluids
Propane
Butane
Propylene/butane

Values
0.250 – 0.400 – 0.600
50 – 100 – 150 – 200 – 250
70 – 120 – 170 – 220 – 270
80 – 130 – 180 – 230 – 280
0.200 – 0.400 – 0.600
50 – 100 – 150 – 200 – 250
70 – 120 – 170 – 220 – 270
50 – 100 – 150 – 200 – 250

Unit
m
m
-

2.2.2. Evaluation of thermodynamic and economic performances
The thermodynamic and economic performance of the heat pump for different PHE geometries of
both evaporator and condenser were assessed by means of performance indicators. The COP,
estimated by Eq. (1), indicated the thermodynamic performance.
𝑄̇sink
Eq.(1)
𝑊̇comp
The specific cost of heat, calculated by means of Eq. (2) and expressed in €/MWh, was instead
chosen to quantify the economic performance (Zühlsdorf et al., 2019). In Eq. (2), CF represents the
fuel cost to run the compressor, TCI the total capital investment and CRF the capital recovery factor,
estimated as function of an effective interest rate. OH represents the HP yearly operating hours.
COP =

ch =

CFel + TCI ⋅ CRF
𝑄̇sink ⋅ OH

Eq.(2)

The use of the specific cost of heat allows estimating the price at which the heat must be sold to the
DH network in order to compensate for the investment and running cost of the HP. In this specific
case study, the heat source was assumed as free waste heat from the data centre facility.

3. RESULTS
Section 3.1 deals with the impact of PHE designs on the heat pump COP, while Section 3.2
introduces the results of the economic analysis. Section 3.3 presents optimal designs obtained for
the different refrigerants. Design recommendations are finally summarized in Section 3.4.
3.1.

Impact of Evaporator and Condenser Design on Thermodynamic Performance

Figure 2 shows how the refrigerant pressure drops of the evaporator affected the heat pump COP.
Each point corresponds to one combination of the design variables reported in Table 2, e.g. different
evaporator and condenser geometries. The different marker styles and colours represent the working
fluid. The COP value was reported by scaling it with respect to the design value. The thermodynamic
performance degradation due to pressure drops for the different PHE evaporator designs was fitted
linearly for each working fluid, and Figure 2 also reports the value of the slopes. For example,
choosing a design with 30 kPa pressure drops entails around 4 % COP drop for butane, 3 % for
propylene/butane, while it stays lower than 2 % for propane.
It must be noted that only few design points are visible in the figure compared to the 225 different
combinations evaluated in the sensitivity study. This is due to the condenser design, which does not
affect the COP, hence the points with the same evaporator geometry and different condenser
designs overlap. Figure 3 (a) further illustrates this result, reporting the COP for the three working
fluids vs. the total refrigerant pressure drops at the condenser. There is no dependency between the
COP and the condenser design, and the colour scale – indicating different normalized evaporator
pressure drops – shows that maximum COP was obtained for minimum evaporator pressure drops
in all the cases. Note that Figure 3 (a) shows that the relative ranking of the working fluids in terms
of COP was slightly affected by the PHE designs. Propylene/butane remained the refrigerant with
the highest COP regardless of the evaporator and condenser configuration, while butane and
propane were found to overlap depending on the evaporator design (pressure drops).
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Table 3: Bubble and dew temperatures and thermophysical properties at design pressure

𝑝eva ,

𝜌V ,

𝑑𝑇bubble /𝑑𝑝

bar

kg/m3

K/kPa

Propane

8.8

19.1

0.044

Butane

2.2

5.7

0.140

Propylene/Butane

5.6

13.6

0.054

Working fluid

Figure 2: Normalized COP as a
function of total refrigerant pressure
drop in the evaporator

The stronger dependence of the COP to the evaporator pressure drops was related to a number of
reasons. First, a higher value of pressure drops entailed a decrease in the heat output of the
condenser. This was due to the impact of evaporator operation on the operating parameters of the
cycle, i.e. refrigerant mass flow rate and pressures. The mass flow rate was in fact diminished at
fixed superheat and subcooling, and the HP operated at a lower pressure ratio, i.e. a lower
compressor power was required. However, the decrease in total heat flow rate of the condenser
affected the COP negatively to a larger extent, as shown in Figure 3 (b): the condenser total heat
flow rate – normalized by the design value – is plotted as a function of the evaporator pressure drops,
with different colours representing different magnitudes of normalized condenser pressure drops.
Similarly to the COP degradation reported in Figure 2, butane reports the steepest degradation,
followed by propylene/butane and propane. The slopes of degradation were found to be similar to
the COP drop plotted in Figure 2. Condenser pressure drops, represented by the different colour
scale, were found not to affect the total heat flow rate at the condenser, and different condenser
designs overlap in Figure 3 (b) similarly to Figure 2.
The higher drop of heat pump COP for butane compared to the other two fluids is due to another
main reason: evaporator pressure drops also imply a saturation temperature drop, which increases
the exergy destruction due to finite temperature differences in the evaporator component, thus
contributing to the COP degradation. Depending on some relevant fluid thermo-physical properties,
refrigerants can be more or less subject to this effect.
(Brignoli et al., 2017) identified the ones characterizing refrigerants sensitivity to pressure drops,
namely vapour density and saturation temperature drop due to pressure drop. These are reported
in Table 3 for the three working fluids at design conditions. Lower vapour density implies higher
pressure drops for the same mass flux and PHE geometry. Therefore, a design that is feasible for
propane and propylene/butane, possibly enhancing the heat transfer coefficient, might entail too
large pressure drops for butane, with vapour density much lower than the other two refrigerants. This
was one of the reasons why the bounds for plate width and number of channels variation in the
sensitivity study (see Table 2) were chosen differently for the working fluids, i.e. to ensure feasible
PHE designs with similar values of pressure drops.
The refrigerant vapour density is thus a property that must be carefully taken into account when
choosing the working fluid and subsequently selecting the HEX design. Higher saturation
temperature drop due to pressure drop, estimated by the Clapeyron relation (Moran, 2017), entails
a larger drop of the saturation temperature due to pressure drop, thereby increasing the exergy
losses due to the temperature difference between the refrigerant and the heat source side in the
evaporator. Table 3 shows how the ranking between the working fluids in terms of vapour density
and 𝑑𝑇bubble /𝑑𝑝 respects the slopes of the COP degradation reported in Figure 2. Therefore, despite
both propane and propylene/butane reported similar slopes for the degradation of condenser heat
flow rate, the mixture was found to be more sensitive to saturation temperature drop due to pressure
drop, resulting in a steeper COP drop.
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(a)

(b)

Figure 3: (a) COP as a function of total refrigerant pressure drop in the condenser; (b) Normalized
condenser heat flow rate as function of total refrigerant pressure drop in the evaporator

3.2.

Impact of Evaporator and Condenser Design on Economic Performance

The economic performance was evaluated by looking at the specific cost of heat, which is influenced
by both condenser and evaporator design. The TCI is dependent on both HEX sizes (related to the
heat transfer area), while the operating costs are strongly related to the heat pump COP. The
economic performance indicator is reported in Figure 4 (a) for the three refrigerants as function of
the pressure drop at the evaporator. The three working fluids present similar trends, with a trade-off
and a minimum for a certain value of refrigerant pressure drops. Figure 4 (a) reports a close-up for
the case of propane, where the colours represent different values of condenser heat transfer area.
The results show that evaporator and condenser have different types of impact on the specific cost
of heat. For a fixed condenser design – thus a fixed value of heat transfer area shown by the colours
of Figure 4 (b) – the economic performance was a trade-off between heat transfer area and pressure
drops of the evaporator. The minimum cost was determined by a certain value of evaporator pressure
drops, which was similar for all the different condenser designs.
On the other hand, the condenser design influences the economic performance in a different
manner: it was always desirable to employ condenser designs with minimum heat transfer area
(shown by the darker blue colour in Figure 4 (b)). In fact, since the COP was not found to be affected
by condenser pressure drops, the operating costs were not influenced by its design. The TCI was
instead related to the heat transfer area, thereby suggesting a minimization of the condenser size.
A relevant finding shown by Figure 4 is thus given by the fact that the evaporator and condenser
geometry optimization, despite aimed at minimizing the cost of the overall system, could be
considered as decoupled problems. The designer can choose to optimize the evaporator geometry
and to find the design leading to the minimum cost, regardless of the condenser design (and the
opposite holds). One additional relevant aspect highlighted by Figure 4 (a) is that all the refrigerants
presented a minimum of specific cost of heat for similar values of refrigerant pressure drops. These
values lie in the interval 5 – 10 kPa, which is relatively low, compared to usual manufacturer
guidelines setting the limitation to around 50 kPa (SWEP International AB, 2015).
The results might therefore suggest that in this particular case study – regardless of the refrigerant
chosen – an optimal value of pressure drops could be defined preliminarily to the refrigerant selection
and HEX sizing. In this way, it is possible to define a guideline – based on optimal pressure drops –
to design the PHE evaporators and condensers prior to the working fluid screening. This would
enable the screening to avoid suboptimal solutions or the computational cost of optimizing the HEX
design for all the working fluids, some of which the screening will in any case subsequently disregard.
This result might seem contradictory if one thinks about the different slopes of COP degradation for
the different fluids, previously shown in Figure 2. However, Figure 4 (a) reports an effective steeper
increase of the specific cost of heat for butane rather than propane and propylene/butane. This
increase started however after reaching the minimum specific cost of heat (after around 30 kPa),
thus the different slopes of the working fluids for the COP degradation were not relevant to define
the optimum. Moreover, since the optimal values of refrigerant pressure drops was found to be as
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low as 5 kPa to 10 kPa, the COP degradation (shown in Figure 2) admissible for this case was found
to be lower than 2 %.

(a)

(b)

Figure 4: Specific cost of heat as function as a function of total refrigerant pressure drops in the
evaporator for: (a) all fluids, (b) propane (close-up)

3.3.

Economic Optimum: PHE Designs

Table 4 shows the geometrical specification of the PHE evaporator and condenser designs
corresponding to the economic optimum shown in Figure 4. Moreover, heat transfer area, total
refrigerant pressure drops and heat pump COP and specific cost of heat are reported. The designs
minimizing the specific cost of heat are in agreements with the results presented above. The PHE
evaporator design was limited to pressure drops from 4.2 kPa for butane and 7.2 kPa for
propylene/butane. The optimal values are thus close for all the working fluids. Similar plate size was
found for propane (P) and propylene/butane (P/B), while a plate with a lower aspect ratio (length-towidth ratio) was obtained for butane (B). Due to the lower vapour density, butane is in fact subject to
higher pressure drops for the same velocity and channel geometry. The condenser design was
instead found to be similar for propane and butane, e.g. high pressure drops over 100 kPa were
allowed. With similar channel geometry, the condenser design for propylene/butane led instead to
low pressure drops, e.g. 11.5 kPa. This was likely due to the lower dependency of the total heat flow
rate at the condenser on the pressure drops, as previously explained in Section 3.1. Note that the
condenser design corresponding to the economic optimum is an extreme design case of very high
aspect ratio, due to the large bounds for variation of width and channels imposed in the sensitivity
study. Such designs might be unrealistic compared to commercial plate size. The economic optimum
would in any case correspond to the same evaporator design and more realistic plate size for the
condenser could be easily obtained by choosing solutions with higher condenser heat transfer area
(e.g. going up in the parallel curves reported in Figure 4).
Table 4: PHE designs corresponding to the economic optimum

Evaporator design
𝑊

𝐿

𝑁ch

𝐴ht
2

Condenser design

Δ𝑝ref

𝑊

𝐿

𝑁ch

𝐴ht

Δ𝑝ref

COP

𝑐ℎ

2

m

m

-

m

kPa

m

m

-

m

kPa

-

€/MWh

P

0.250

0.460

150

20.5

6.7

0.200

1.768

50

21.1

113.3

4.4

38.9

B

0.400

0.447

170

36.0

4.2

0.200

1.472

80

28.1

140.2

4.5

41.5

P/B

0.250

0.655

180

35.1

7.1

0.200

1.774

100

42.3

11.5

5.5

31.6

3.4.

Design Recommendations

The results presented so far led to the following findings, summarized as design recommendations
for evaporator and condenser design in heat pump systems:
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Design criteria such as maximum allowable pressure drops and fixed velocities possibly lead
to suboptimal solutions depending on the case study and the working fluid.



Evaporator and condenser designs can be carried out as decoupled geometry optimization
problems, e.g. the design of each component does not affect the other.



Evaporator design influences the heat pump COP to a large extent, while the condenser
design is not found to be relevant for the thermodynamic performance.



Both components influence the economic performance: the minimum cost is found by
defining optimal trade-offs between heat transfer area and pressure drop in the evaporator,
while it is always desirable to minimize condenser heat transfer area.



The economic optimum could be defined by a maximum allowable COP degradation, which
theoretically corresponds to different allowable pressure drops for each refrigerant.



The same optimal evaporator pressure drop was found for different refrigerants for this case
study. This is not necessarily a general conclusion, given the very low allowable COP
degradation and the dependence of the results from the economic boundary conditions.

4. DISCUSSION
The results presented in this paper were based on numerical modelling of PHE and HP, in both
design and performance mode. The PHE models were based on a 1D discretization along the fluidflow direction, thus neglecting the occurrence of channel-to-channel maldistribution effects. (Mancini
et al., 2019) showed that refrigerant pressure drops have a major impact on the heat transfer
degradation due to maldistribution effects, causing an additional COP degradation. This implies that
the optimal value of refrigerant pressure drops found in this study could be even lower for those
refrigerants (like butane) that are particularly sensitive to maldistribution effects. The results of
economic analysis are strongly dependent on the boundary conditions assumed for the case study.
The heat from the source was considered to come at no cost, and the COP degradation solely
implied an increase of the compressor running cost. A COP decrease could also imply a reduction
of the heat source utilization, which might partially counteract the cost increase in those cases where
the heat source is not free (e.g. district heating applications). Last, the importance of tailoring design
criteria depending on the working fluid and application is stressed: designers must be aware that
limiting inlet velocities or imposing allowable pressure drops can lead to suboptimal solutions, since
the slope of COP degradation has a strong dependence on refrigerant properties. For example, for
the economic analysis of propane shown in Figure 4(b), choosing an evaporator design with pressure
drops around 50 kPa would entail an increase of almost 1 €/MWh in the specific cost of heat.

5. CONCLUSIONS
This paper presented an approach to derive recommendations for PHE design in HP using pure and
mixed refrigerants. A sensitivity study was carried out by simultaneously varying plate size and count
for both evaporator and condenser, and PHE geometrical configurations with different trade-offs
between heat transfer area and pressure drops were obtained. This study constitutes an attempt to
derive design guidelines during a preliminary cycle design phase, where a full component
optimization is computationally expensive, and adopting heuristics criteria might lead to suboptimal
solutions. The results showed that only evaporator pressure drops affected the COP, and the
different refrigerants were subject to different degradation slopes. Butane, with lowest vapour density
and higher saturation temperature drop due to pressure drop, resulted in the steepest drop, with 30
kPa generating a 4 % COP drop. Condenser design solely influenced the economic performance,
thus a minimization of the size was always preferable. The trade-off between evaporator size and
pressure drops was found to be independent from the condenser design, and the analysed case
study resulted in optimal COP degradation of maximum 2 % for all the working fluids, thereby defining
optimal pressure drop values in a narrow range, around 5 kPa.
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NOMENCLATURE
𝐴ht

heat transfer area (m2)

Abbreviations

𝑐ℎ

specific cost of heat (€×MWh-1)

BC

boundary conditions

CFel

annual cost of electricity (€)

HEX

heat exchanger

COP

coefficient of performance (-)

HP

heat pump

CRF

capital recovery factor (-)

PHE

plate heat exchanger

𝐿

plate length (m)

Greek symbols

𝑁ch

number of channels (-)

𝜌

density (kg×m-3)

OH

operating hours (h)

Δ

Difference (-)

𝑝

pressure (bar)

Subscripts

𝑄̇

heat flow rate (W)

comp

compressor

𝑇

temperature (K)

cond

condenser

TCI

total capital investment (€)

eva

evaporator

𝑊

plate width (m)

V

vapour
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ABSTRACT
Smaller-diameter copper tubes offer favorable thermal performance and material savings but may
restrict air and refrigerant flow without proper design. Heat exchangers can be optimized using
simulation tools and a multi-objective genetic algorithm (MOGA). The examples in this paper show
how to realize performance objectives while meeting design constraints of actual applications.
Replacing microchannel aluminum tubes with 5 mm copper tubes in a heat pump application reduced
the material mass as much as 28 percent while maintaining equivalent capacity and airside pressure
drop. Switching from 6.25 mm to 5 mm tubes in an R600a residential refrigerator reduced the internal
tube volume by 41 percent while maintaining acceptable airside pressure drop. In a PTAC
application, the target COP was reached while reducing the material cost by 50 percent. These and
other applications demonstrate that charge reduction and efficiency gains can be achieved through
the use smaller-diameter copper tubes.
Keywords: Copper, Heat Transfer Coefficient, Pressure Drop, Airside Pressure Drop, Heat
Exchanger, Microfins, MicroGroove, CoilDesigner, Genetic Algorithm, MOGA.

1. INTRODUCTION
Smaller-diameter copper tubes offer many advantages for heat pumps, refrigeration equipment and
air-conditioners, regardless of the type of refrigerant; hence, a steady progression from larger
diameter tubes such as 9.52 mm to smaller diameter tubes such as 7 mm, 6.25 mm or 5 mm has
taken place over the past twenty years as manufacturers have sought to realize design objectives.
Heat exchanger design is often facilitated by computer modelling, where thermal-hydraulic
performance of airside and refrigerant-side surfaces is predicted by empirical correlations from
experimental data. In recent years, new empirical tube-side correlations and computational fluid
dynamics (CFD)-based airside correlations have been developed for smaller-diameter tube-fin heat
exchangers. Implementation of these newer correlations in coil modelling software, such as
CoilDesigner®, has allowed designers to weigh the benefits of smaller-diameter tubes.
Tube-side behaviour of refrigerants in smaller diameter copper tubes has been measured in
laboratories around the world. For examples, Longo et al. (2018a) and Jige et al. (2018) researched
flow boiling of low-GWP refrigerants and Longo et al. (2018b) investigated condensation in smaller
diameter copper tubes. Also, the effects of various microfin geometries on smaller diameter copper
tube performance were investigated by Inoue et al. (2018). Research underpinning the airside
correlations is discussed by Nasuta et al. (2018) and Bacellar et al. (2015). Using laboratory
measured correlations for smaller diameter copper tubes, including tubes with inner-grooves or
microfins, ensures that computer modelling can predict system performance within a few percent.
The availability of comprehensive correlations for airside heat transfer and airside pressure drop of
small-diameter tube-fin heat exchangers allows optimization with a multi-scale methodology
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(Bacellar et al., 2016). Design of experiments is used to sample a wide design space of tube-fin
geometries relevant to small-diameter tube-fin heat exchangers. CFD tools then are used to simulate
and characterize thermal-hydraulic performance on a small scale and new airside correlations are
developed from these simulations. These correlations are then implemented into heat exchanger
simulation software (such as CoilDesigner) so the entire heat exchanger can be optimized in
accordance with relevant operating conditions and constraints.
Typically there are multiple constraints and objectives in the design of heat exchangers and the
design space to be explored through simulations is very large. A Multi-Objective Genetic Algorithm
(MOGA) was used in sampling the design space for several of the case studies presented here.
Genetic algorithms were originally developed by Holland (1975) and have been reviewed in
textbooks by Goldberg (1989) and Engelbrecht (2007). Evolutionary algorithms and specifically
genetic algorithms (GA) are widely used in many fields. These algorithms are based on ideas about
natural selection and natural genetics as originally developed in the 1960s and 1970s by John H.
Holland at the University of Michigan. Interest in this multidisciplinary subject has only increased in
recent years as computer simulations have improved in accuracy.
MOGA is an especially powerful approach toward optimization of designs in which there are multiple
constraints and objectives. A description of the use of MOGA in the optimization of heat exchangers
was presented by Li et al. (2018). MOGA allows for a large space of design solutions to be searched
in a computationally efficient manner. The system performance can be simulated for each candidate
solution and if the performance improves then it can be the basis for further mutations, i.e., alterations
of variables.
MOGA has ushered in a new era of design in many fields and especially in heat exchanger design
as evidenced by the case studies presented in this paper. Optimized heat exchanger designs that
would otherwise be missed can be identified through the combination of accurate simulations and
MOGA. Five manufacturer-driven case studies in design optimization are presented here to illustrate
the value of optimization as applied to a new generation of tube-fin heat exchangers made from
MicroGrooveTM smaller diameter copper tubes.

2. CASE STUDIES
Five different optimization studies were performed by Optimized Thermal Systems in collaboration
with the International Copper Association and five different manufacturers. In each case, copper
tubes with diameters of five millimetres or less were specified and MOGA was used to optimize the
configurations of heat-exchanger-geometry parameters. The case studies included (1) heat-pump
condensers to replace microchannel tubes with smaller diameter copper tubes; (2) a window airconditioner condenser to improve system efficiency while reducing cost and refrigerant charge; (3)
a refrigerator-freezer condenser to reduce hydrocarbon refrigerant charge; (4) the condenser of a
packaged terminal AC system to minimize raw material costs and airside pressure drop while
maintaining performance; and (5) an evaporator coil for a heat pump water heater to maximize
capacity and minimize fan pumping power.
2.1.

Heat-Pump Condenser

This optimization was for drop-in replacements of the existing microchannel heat exchanger (MCHX)
condensers in a commercial heat-pump system. The manufacturer’s objective was to develop a tubefin heat exchanger with equivalent performance of its existing MCHX design. Geometric constraints
included the coil height, width and depth; fin density, refrigerant pressure drop and refrigerant
charge.
An initial study used currently available wavy and louvered fin patterns for 5 mm tubes. The
replacement condensers showed a 15 to 38% increase in airside pressure drop for wavy fin patterns;
and 29 to 42% increase for louvered fin patterns, while maintaining less than a four percent decrease
in heating capacity compared to the baseline MCHX commercial condenser. The material mass was
reduced by as much as 35%.
MOGA was then used to explore fin patterns not yet available in the market. The design space
consisted of variable ranges consistent with current manufacturing capabilities. This optimization
found 5 mm tube-fin designs competitive with the baseline microchannel condenser. The additional
degrees of freedom allowed the optimizer to identify designs with airside pressure drops and
capacities similar to the baseline. The best design demonstrated a reduction of 28 percent in material
mass while maintaining the same airside pressure drop and capacity as the baseline.
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Other designs were found with capacity increases of up to three percent and airside pressure drop
decreases as great as 19 percent while maintaining other performance metrics within the constraints
specified by the manufacturer. A smaller residential-sized condenser was also optimized as a dropin replacement following a similar approach. Airside pressure drop decreases as great as 20 percent
were realized while maintaining the drop-in replacement constraints.
2.2.

Window AC Condenser

For another manufacturer, an exploratory study of small-diameter (5 mm) copper tubes was
conducted on an existing 5.3 kW (1.5 ton) window air conditioning system. The objective was to
improve system efficiency while reducing cost and refrigerant charge.
Tube-fin heat exchangers with 5 mm copper tubes and aluminium slit fins were initially modelled
using available off-the-shelf configurations. The manufacturer provided baseline performance data
for an existing unit, including fan curves. The initial study showed that 5 mm condenser designs
using commercially-available slit fins could improve system coefficient of performance (COP) while
maintaining capacity.
Table 1. Optimization Results for Drop in Replacement of Window Air Conditioner

Design

Tube
Fin
Material Material

Percent
Material
Reduction

Percent
Charge
Reduction

COP

Percent COP
Improvement

Simulated
(Measured)

Simulated
(Measured)

(kg)

(kg)

Simulated

Simulated

Baseline

1.8

2.5

—

—

2.60
(2.86)

—

Slit fin, 17 fpi

1.4

2.0

21

24

2.76
(2.97)

6.1
(3.8)

Louver Fin
15 fpi, 3 row

1.0

1.3

47

46

2.64

1.5

Louver Fin
13 fpi, 4 row

1.3

1.4

37

10

2.77

6.5

MOGA was then used to assess the performance of fin designs not yet available. Designs with as
much as a 15% improvement in COP and more than a 60% reduction in material consumption were
identified. The manufacturer constructed a prototype 5.86 kW (20,000 BTU∙h-1) system for testing,
using one of the commercially available 5 mm slit fin heat exchangers.
Simulations predicted the new system would achieve a 6.1% higher COP and use 24% less
refrigerant charge inside the condenser, while reducing total material mass by 21 percent. The
manufacturer’s experiments found that COP was increased by 3.8% while reducing the entire
system’s charge level by 10%. The manufacturer expressed that the new coil was about 40 percent
less expensive than the original design.
2.3.

Refrigerator-Freezer Condenser

For a third manufacturer, the condenser for a refrigerator and freezer was optimized for reduced
refrigerant charge using smaller-diameter copper tubes. This condenser had three operation modes,
including refrigerator circuit running, freezer circuit running and both circuits running,
The objective was to find small-diameter tube condensers that provide a reduction in internal volume
to enable lower refrigerant charge while minimizing airside pressure drop. All designs used wavy-
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herringbone fins with a reduced fin thickness compared to the baseline 6.25 mm copper tube design.
Variables included tubes per bank, tube length, horizontal spacing, vertical spacing, fin density, and
wavy fin pattern depth.
The baseline condenser coil uses copper tubing, flat plate fins and a low fin density. The condenser
has two refrigerant circuits, with each circuit serving an independent vapor compression cycle for
the refrigerator and freezer compartments. A CoilDesigner model of the condenser was developed
and validated against experimental data.
Prior to evaluating potential small diameter replacements, a study was conducted to evaluate the
effect of refrigerant circuitry on the existing coil performance. From this review, the best circuitry
design was selected and used as the baseline reference for the optimization study. Significant
reductions in internal tube volume were found over the baseline. The best 5 mm design provided a
reduction in internal tube volume of 41 percent over the baseline, along with a 57 percent reduction
in coil-volume (footprint) as shown in Fig. 1.

Internal Volume (Normalized)

Figure 1: The best 5 mm design reduced internal tube volume by 41 percent

All optimized designs had a higher airside drop in pressure (ADP), i.e., the ratio of the ADP to the
baseline ADP was greater than one. This increase is due to multiple factors, including the aggressive
fin type, fin density and face area of the coils. The baseline system used flat fins while the optimized
designs used wavy fins, which inherently create more pressure drop. The face areas of all coils were
reduced to maintain the tube spacing ratio, which when using a fixed airflow volume results in
increased air velocity. However, the increases in airside pressure drop for the designs identified are
not a problem for this application. The fan motors used in this system can overcome the increased
resistance without significant increase in power consumption.
In summary, several new condenser designs were identified with significant potential to reduce
internal volume while maintaining performance, thereby reducing total system charge. The increased
airside pressure drop of the designs can be accommodated by the existing fan motors. The reduced
footprint of the coils allows for a smaller cassette and allows for regulations that would limit the
charge of flammable refrigerant in the system.
2.4.

PTAC Condenser

A fourth manufacturer sought to optimize a drop-in replacement for the condenser of an existing
packaged terminal air conditioner (PTAC) product. The objectives were to minimize raw material
costs and airside pressure drop while providing the same heat rejection. Geometric constraints
included the coil height, width, and depth.
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Fig. 2 highlights the optimization results. Using a commercially available slit-fin pattern (light blue
triangles), one design reduced raw material costs by 47% and lowered the airside pressure drop by
more than 15%, while reducing internal volume by 58% and maintaining acceptable refrigerant
pressure drop. Further optimization studies, using fin geometries not yet available but consistent with
current manufacturing capabilities, yielded as much as 50% savings in raw material costs while
keeping pressure drops close to the baseline (green squares). The greatest reduction in internal
volume of 62% used two tube banks in the airflow direction (dark blue dots). However, one existing
slit-fin design showed a similar reduction in cost and air pressure drop as indicated by the single light
blue triangle near the cluster of dark blue dots.
In summary, new condenser designs with significant potential to reduce costs while maintaining
performance were identified. Reductions in airside pressure drop are favourable for noise reduction
and material savings and make it possible to develop energy-efficient systems at a low cost.
Furthermore, the study indicated that a currently-manufactured fin sheet provides excellent
performance comparable to other optimized designs. This finding means that the manufacturer can
achieve a high level of savings using an available fin die.

Baseline model

Airside Pressure Drop (Normalized)

Manufacturer’s fin specifications
Optimized 5 mm slit fin, one bank
Optimized 5 mm slit fin, two banks

blue triangle

Material Price (Normalized)
Figure 2: Low-cost PTAC condenser designs

2.5.

Residential HPWH Evaporator

A fifth manufacturer sought to optimize the evaporator of a residential heat pump water heater
(HPWH). Objectives were to maximize capacity and minimize fan pumping power, and the
constraints were the existing size and operating conditions. In other words, capacity must exceed
the baseline, outlet refrigerant pressure must match or exceed the baseline and superheat must
equal or exceed the baseline. These objectives were achieved using CoilDesigner and MOGA.
An initial analysis was conducted with the goal of replacing the baseline evaporator with a highercapacity coil using smaller diameter copper tubes within the size constraints. The baseline
evaporator coil uses 7.94 mm (5/16 inch) copper tubing laced through louvered aluminium fins and
R134a refrigerant flowing through two refrigerant circuits.
The baseline model predictions matched the experimental testing data. Cooling capacity was
predicted within one percent without requiring correction factors. Correction factors were applied to
match outlet superheat within one degree Celsius and refrigerant pressure drop within one percent.
Air pressure drop was validated against a manufacturer prediction software to be within two percent.
MOGA was used to select and simulate heat exchanger candidates until optimal configurations were
identified. Optimization studies included designs throughout a wide range of geometry configurations
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and then focused on commercially available heat exchanger geometries. The algorithm allowed the
air flow rate, refrigerant flow rate, and fin and tube density to be varied, generating and simulating
thousands of new heat exchanger designs. For each configuration, the non-dominated set of Paretooptimal points are shown in Fig. 3. Using greater air and refrigerant flow rates, new 5 mm designs
can more than double capacity compared to the baseline. As such, this study seeks to maximize
capacity while minimizing fan pumping power.

Heat Load (Normalized)

Figure 3: Performance of 5 mm designs normalized against the
baseline 7.9 mm heat exchanger. Circles and squares of increasing
area represent performance at higher flow rates.

Three designs were selected for further review. Design 1 maintains equivalent fan pumping power
to the baseline model but increases capacity by 32%. Design 2 increases capacity by 50% when
compared to the original baseline but requires a 104% increase in fan pumping power. Design 3 is
capable of increasing capacity by 100 percent but requires a 401% increase in fan pumping power.
Design 1 and 2 mainly differ in air flow rate. The manufacturer plans to build and test a prototype 5
mm coil similar to the Design 1 coil and further evaluate the trade-offs between flow rates and inlet
conditions.
The baseline design does not compete with the new 5 mm designs on performance even at higher
flow rates. When provided with an 86% higher air flow rate, the capacity of the baseline design
increases by more than 35%; this requires 4.5 times more fan pumping power. A 5 mm design
operating at the same fan power can reject nearly 90% more capacity than the original baseline.
Throughout the design space, the best 5 mm designs deliver 30 to 40 percent more capacity at the
same fan power as the 7.9 mm baseline.
In summary, new evaporator designs support a HPWH system with significantly greater capacity
than the baseline system. The new systems can deliver greater quantities of hot water and/or recover
the tank temperature more quickly after water draws, improving user comfort and satisfaction. In
general, because they provide more heat transfer surface area within the allowable space, 5 mm
heat exchangers deliver 30 to 40% more capacity than the baseline for the same fan power input.
New evaporator designs can increase capacity by as much as 100% by increasing the fan power. In
all scenarios presented here, for a given fan power, the 5 mm designs can always deliver more
capacity than the 7.9 mm baseline heat exchanger.
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3. CONCLUSIONS
Diverse case studies from five manufacturers clearly demonstrate the advantages of smaller copper
tubes and the value of MOGA for design optimization. MicroGroove heat exchangers clearly
outperform heat exchangers made from larger diameter copper tubes with performance comparable
to microchannel heat exchangers. Results for specific applications are summarized as follows:
(1) Heat-pump condenser. The MOGA-optimized designs were similar to the baseline
microchannel coil with regard to airside pressure drop and capacity.
(2) Window AC condenser. MOGA designs increased the efficiency of the heat exchanger while
reducing materials usage and refrigerant charge. MOGA designs improved the COP by as
much as 15% and reduced material usage by more than 60%.
(3) Refrigerator-freezer condenser. Hydrocarbon refrigerant charge was dramatically reduced in
the 5 mm designs. MOGA designs reduced the internal tube volume up to 41 percent along
with a 57% reduction in overall coil volume compared to the baseline 6.25 mm copper tube
designs.
(4) PTAC condenser. Raw material costs and airside pressure drop were reduced while
maintaining performance. MOGA designs provided as much as 50% savings in raw material
costs while keeping the pressure drop close to the baseline. The best design reduced the
overall internal volume by 62%.
(5) HPWH evaporator. MOGA was used to show that capacity could be doubled by increasing
fan power; and that 5 mm designs delivered more capacity than the 7.9 mm baseline heat
exchanger for a given fan power.
MOGA facilitates the optimization of heat exchanger performance using algorithms that mimic
evolution in nature by carrying forward the traits of successful designs into future populations. MOGA
has proven effective in the optimization of MicroGroove heat exchangers for commercial and
residential air-conditioners as well as refrigerators, heat pumps and hot-water heat pumps.
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NOMENCLATURE
ADP

airside drop in pressure

fpi

fins per inch

CFM

cubic feet per minute

HPWH

heat pump water heater

COP

coefficient of performance

MOGA

multi-objective genetic algorithm
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ABSTRACT
From the viewpoint of global warming, there is an urgent need for refrigerants with lower Global
Warming Potential (GWP) values. However, since they have different physical properties from
conventional refrigerants, the performances of their heat transfer tubes are insufficient. The
purpose of this study is to prepare predicted correlations of the outside condensation heat
transfer coefficient corresponding to refrigerants with different physical properties. In this
experiment, a smooth tube and four types of enhanced tubes, each with an outer diameter of
approximately 19 mm, were used as test heat transfer tubes. The experiments were conducted
using R245fa and R134a as the test refrigerants, at a condensation saturated temperature of
40 °C, and with a film Reynolds number range of 40 to 1500. The enhanced tubes displayed
different tendencies from that of the smooth tube in the high film Reynolds number range. The
experimental results of the smooth tube showed good correlation with the proposed predicted
correlation.
Keywords: Film Condensation, Heat Transfer, R134a, R245fa, Single Tube, Tube Bundle.

1. INTRODUCTION
Most countries have set ambitious goals for reducing their greenhouse gas emissions, in an
attempt to counteract global warming. Furthermore, due to the Kigali revision of the Montreal
Protocol, it is necessary to switch to lower-GWP refrigerants or non-fluorocarbon refrigerants. In
order to achieve these goals, it is necessary to further promote higher efficiency and lower GWP
refrigerants in the fields of refrigeration and air conditioning.
Centrifugal chiller systems use large amounts of refrigerant, and have a long working life. For
this reason, it is necessary to reduce their environmental risk by improving their efficiency,
adopting lower-GWP refrigerants, and by reducing the amount of refrigerants used, due to the
downsizing of equipment. In the centrifugal chiller condenser, enhanced tubes have been used
to downsize equipment and improve efficiency. Further, hydro-fluorocarbon (HFC) refrigerants,
such as R134a and R245fa, have been used to date, but there has been a recent shift to Hydrofluroolefins (HFO) refrigerants. Against this backdrop, it is expected that a more highperformance enhanced tube, corresponding to various refrigerants, will emerge.
For equipment design, it is important to be able to predict the condensation heat transfer
performance of an enhanced tube. Several experiments have been conducted into condensation
heat transfer for tube bundles, using both smooth tubes and enhanced tubes. Kutateladze et al.
(1985) conducted an experiment using R21 as a test refrigerant, and proposed a correlation to
predict the experimental heat transfer coefficient of a smooth tube with an outer diameter lager
than 10 mm. Fujii and Oda (1986) proposed a prediction correlation that takes into consideration
the influence of innards, using previously established experimental values of R21 vapor and
steam. Gstöhl and Thome (2006a, 2006b) conducted an experiment on a smooth tube using
R134a, and modified the prediction correlation of Kutateladze et al. (1985) based on their
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findings. However, there have been few detailed experiments that have used R245fa, for either
single tubes or tube bundles.
In this study, we aim to determine the basic heat transfer characteristics of both smooth and
enhanced tubes when using R245fa. Furthermore, we prepare predicted correlations for
condensation heat transfer coefficients corresponding to refrigerants with different physical
properties. These experiments were conducted using the smooth tube and four kinds of
enhanced tubes, each with an outer diameter of 19 mm. The condensation heat transfer
coefficients of R134a and R245fa were measured for both a horizontal single tube and tube
bundles was simulated of inundation, and the basic heat transfer characteristics were clarified. In
addition, by modifying previously made correlations, we obtained predicted correlations for
smooth tubes applicable to R134a and R245fa.

2. EXPERIMENTAL APPARATUS AND PROCEDURE
2.1.
Experiment on the Condensation Heat Transfer of the Single Tube
Fig. 1 shows a schematic diagram of the test equipment. The condenser is a stainless steel shelland-tube type heat exchanger with an inner diameter of 333 mm. A test heat transfer tube with an
effective heat transfer length of 974 mm is horizontally installed in the center of the condenser.
Observation windows are provided on both side surfaces of the condenser so that the condensed
flow state can be observed. The condenser and the evaporator are connected by vapor and liquid
piping. The refrigerant vapor is generated by raising the temperature of the refrigerant liquid with
the electric heater installed in the evaporator; this heater has a capacity of 10 kW. The generated
vapor is supplied from the evaporator to the condenser through the vapor piping, and the liquid
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Flow control
valve

Heat exchanger
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DC Supply

Liquid
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Figure 2: Tube arrangement

P ：Pressure transducer

Figure 1: Schematic diagram of experimental apparatus

condensed
in the condenser is returned to the evaporator through the liquid piping. The cooling water
temperature is kept constant by controlling the brine flow rate of the cooling heat exchanger, and
the electric heater, with a controller. The flow rate of the cooling water is kept constant by
controlling the automatic flow control valves with a controller. The temperature of the cooling water
was measured using platinum resistance thermometers, installed in the mixing chamber at the test
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section inlet and outlet. The cooling water flow rate was measured with an electromagnetic flow
meter, and the refrigerant vapor pressure in the condenser was measured with an absolute
pressure transducer. The wall temperature of each test heat transfer tube was calculated based on
changes in the resistance of the tube wall, in accordance with changes in temperature.
The test conditions of the single tube experiment were set as follows: the cooling water flow rate
was kept at a constant of 1.75 m/s, the cooling water inlet temperature was changed stepwise
within a temperature range of 12 - 34 °C (8 - 26 °C for the smooth tube), and R134a and R245fa
were used as test refrigerants. The vapor pressure inside the condenser was controlled at a
refrigerant saturation temperature of 40 °C for each refrigerant. The physical properties of the
refrigerant were calculated using Refprop ver. 10.0 (Lemmon et.al., 2018).
Details of the test heat transfer tube are shown in Table 1. The test heat transfer tubes are a
smooth tube (SM tube), a two-dimensional low-finned tube (LF tube), and three kinds of threedimensional microscopic-grooved tubes (MG tubes); all tubes have an outer diameter of 19 mm.
The subscripts for each of the MG tubes (Table 1) represent the difference in the shape of the
split in the circumferential direction of each fin. Fig. 3 shows cross-sectional photographs of
these LF and MG tubes. From Figure 3b, it can be seen that the shape of the fin split in the
circumferential directions of MG tubes are different.
2.2.

The Inundation Simulation Experiment

In the inundation simulation experiment, a liquid supply tube is installed in the upper stage of the
test heat transfer tube to simulate the influence of the inundation. Assuming that the tube
arrangement is 60 ° for staggered tube bundles with a pitch of 29.7 mm (tube bundles), the tube
pitch between the liquid supply tube and the test heat transfer tube (vertical direction) is
therefore 51.5 mm. A smooth tube is used for the test heat transfer tube. Fig. 2 shows the
Table 1. Details of the test tubes

SM
19.1

LF
19.2

MGv
18.8

MGs
18.7

MGu
18.7

Inside diameter, D in [mm]

-

15.7

15.4

15.4

15.5

Fin height, h [mm]

-

0.84

0.90

0.86

0.83

Fin pitch, p [mm]

-

0.78

0.78

0.78

0.79

Diameter at fin tip, D o [mm]

MGv

MGs

MGu

LF

(a) Axis direction

MGv

MGs

MGu

(b) Circumferential direction
Figure 3: Cross-section views of the low-finned and microscopic-grooved tubes

arrangement of
the liquid supply tube and test heat transfer tube. The liquid refrigerant for the liquid supply was
transported from the evaporator to the liquid supply tube by a pump, using dedicated liquid
refrigerant piping. The temperature of the liquid refrigerant for is cooled by a cold water heat
exchanger, which is installed in the piping. Thereafter, the amount of heating of the electric
heater is kept as a constant temperature with a controller.
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The temperature of the liquid refrigerant is measured with a platinum resistance thermometer,
installed on the inlet side of the liquid supply tube. The flow rate of the liquid refrigerant to be
supplied is measured with a mass flow meter installed on the inlet side of the liquid supply tube.
Other measurements of parameters such as cooling water temperature and vapor pressure, are
carried out in the same manner as in the single tube experiment.
The inundation simulation experiment is conducted under cooling water inlet temperatures of 12 °C
and 22 °C, with a liquid supply temperature of 39.5 °C. The feed flow rate changes stepwise within
the range of 1.0–4.5 kg/s for R134a and 1.5–9.0 kg/s for R245fa.

3. DATA REDUCTION
The condensation heat transfer, αo, is defined as follows:

 o = q o (Tr −Twall ) = Qs   Do  L  (Tr −Twall )
= W s Cps  (Tsout −Tsin )   Do  L  (T r −Twall )

Eq. (1)

where qo is the heat flux standard, based on heat transfer area criteria outside tube, Tr is the
refrigerant saturated vapor temperature, Twall is the tube wall temperature, Qs is the exchange heat
transfer quantity between the condensed refrigerant outside the tube and the cooling water, Do is
the tube’s outside diameter at the fin tip, Ws is the mass flow rate of the cooling water, Cps is the
isobaric specific heat, and Ts, in and Ts, out are the cooling water temperatures at the test heat
transfer tube’s inlet and outlet, respectively. The outer surface area is calculated based on the
assumption of a smooth surface, from the tube’s outside diameter at the fin tip. The film Reynolds
number, Ref, is defined as follows:

Re f = 2 Wliq + (Qs / hLV ) ( L  liq )

Eq. (2)

where ΔhLV is the latent heat of condensation of the refrigerant, μliq is the viscosity of the
condensate film, Γ is the amount of refrigerant flowing on both sides of the tube per unit time, and
Wliq is the amount of liquid refrigerant supplied from the top of the test heat transfer tube. The
condensation number, Nu*, is based on heat the transfer area criteria from outside of the tube, and
is defined as follows:
2
Nu* = o  ( liq
g)

13

liq

Eq. (3)

where, νliq and λliq are the kinematic viscosity and the thermal conductivity of the condensate film,
respectively, and g is the gravitational acceleration.

4. RESULTS AND DISCUSSION
4.1.
The Single Tube Experiment
Fig. 4a shows the heat transfer coefficient of the measured SM tube. The solid line in the figure is
Nusselt’s equation (Nusselt, 1916) for a horizontal smooth tube:

o = 0.725 ( Do liq ) ( Galiq  Prliq ) Phliq 

0.25

Eq. (4)

where, Galiq, Prliq, and Phliq are the Galileo number, Prandtl number, and phase change number of
the condensate, respectively. The experimental values are 5 to 20%, higher than Nusselt's
equation. This may be due to the fact that Nusselt's equation does not consider the influences of
turbulence and convection of the liquid film.
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Figure 4: Condensation heat transfer coefficients of SM, LF, and MG tubes

Fig. 4b shows the heat transfer coefficient of the measured LF tube. The dashed lines in the figure
are 5.5 times (R134a) and 6 times (R245fa) the value predicted by Nusselt's equation. Regardless
of the difference in refrigerant, the LF tube displays the same tendency as predicted by Nusselt's
equation. The rate of increase of αo is higher in R245fa than in R134a. As R245fa has a stronger
surface tension than R134a, this promotes the formation of a thin liquid film on the fin-side surface.
Fig. 4c shows the heat transfer coefficients of the measured MG tubes. The dashed lines in the
figure are 7 times (R134a) and 7.5 times (R245fa) the value predicted by Nusselt's equation. For
R134a, in the region where ΔT ≥2 K, increasing ΔT results in high αo values, in the order of MGu <
MGs < MGv. This tendency becomes stronger when ΔT ≥4 K. When ΔT <2 K, however, αo remains
relatively constant. Furthermore, the above tendency is more conspicuous in R245fa than in
R134a. MGu shows a lower αo value than MGv and MGs in both cases. When ΔT ≤3 K, MGv and
MGs show similar αo values; with increasing ΔT, the αo of MGs decreases below that of MGv. This
is considered to be due to the following reasons. From the cross-sectional photograph shown in
Figure 2 (b), the grooves of MGs are smaller than those of MGs and MGu, and are also sharper. In
addition, the angle of each part of MGs is sharper than that of MGu. It appears, therefore, that the
three tubes can be ranked in terms of their ability to draw condensation liquid into the tip of the fin
in the order of MGu < MGs < MGv. Therefore, the thinning effect on the condensation liquid film on
the side surface of the fin is also ranked in the order of MGu < MGs < MGv. This affects the heat
transfer coefficient. Furthermore, since the surface tension of R245fa is stronger than that of
R134a, this effect is more intense in R245fa.
4.2.

The Inundation Simulation Experiment

Fig. 5 shows the heat transfer coefficient of the measured SM tube in the inundation simulation
experiment. When liquid refrigerant is supplied to the SM tube, its αo is lower than that of the
single tube experiment at the same cooling water temperature, regardless of the difference in
refrigerant. However, as Ref increases with liquid supply, αo increases again. The reason for this
is that the convective diffusion of the liquid film is promoted by the influence of the liquid supply
from the upper stage. The results of an experiment on R134a by Gstöhl and Thome (2006a) are
also plotted in Figure 5 for comparison, showing that similar results were obtained in that paper.
However, the tube pitch used by Gstöhl and Thome (2006a) is different from 51.5 mm in this
study. Comparing the experimental value of the nearest tube pitch to this value (44.5 mm) with
the experimental value of this study shows a similar tendency. However, tube pitches of 25.5
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Figure 5: Condensation heat transfer coefficients of smooth tube in the
Inundation simulation experiment

mm and 28.6 mm of Gstöhl and Thome (2006a) show lower heat transfer coefficients than in this
study. For this reason, larger tube pitches increase the speed of the droplet, until it contacts the
lower tube. Therefore, the influence of convection diffusion on the liquid film increases.
4.3.

Comparison between Measured and Predicted Values for the Smooth Tube

4.3.1. Predicted correlation of Gstöhl and Thome
Gstöhl and Thome (2006a, 2006b) conducted an experiment with R134a single row tube bundles,
and proposed the following correlation:

(

)

4
1
4


0.2
3
Nu =  (1.2 Re 0.3
f ) + 0.04 Prliq  Re f



*

0.25

Eq. (5)

Fig. 6 (a) shows a comparison between the predicted correlation of Gstöhl and Thome (2006b) and
the experimental values from this study. The experimental values of Gstöhl and Thome (2006a)
are also plotted. Eq. (5) agrees with the experimental values within the range of -20% to +25%; the
correlation coefficient is 0.78. In the absence of liquid supply, a good correlation is shown.
However, there is a tendency to underestimate the experimental data where there is a liquid
supply, especially for R245fa. This is likely due to an underestimation of the influence of Pr during
turbulent heat transfer. In addition, since the difference in tube pitch is not taken into consideration,
there is a tendency for overestimation for the experimental values where Gstöhl and Thome
(2006a) have a narrow tube pitch. Conversely, there is a tendency for underestimation for the
experimental values of this study with a wide tube pitch.
4.3.2. New predicted correlation
Using the results detailed in 4.3.1, a new correlation can be predicted, considering the influence of
refrigerant properties and the tube pitch on condensation heat transfer for a smooth tube:




Nu* = (1.2 Re0.3
f ) +  0.04 ( 0.43  S Do )
4

0.32


 Prliq0.42  Re0.2
f 



4 0.25

Eq. (6)

Figure 6 (b) shows a comparison between the new predicted correlation and the experimental
heat transfer coefficient. The experimental values of Gstöhl and Thome (2006a) are also plotted
for comparison. The new predicted correlation agrees with the experimental values within a
range of -15% to +25%, with a correlation coefficient of 0.93. The new predicted correlation
shows a good correlation irrespective of the presence or absence of a liquid supply. The
differences in the refrigerant and tube pitch also show good correlation.
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5. CONCLUSIONS
Here, we have reported on experiments on horizontal tubes used for outside condensation heat
transfer, for an SM tube, an LF tube, and MG tubes, for both R134a and R245fa. In order to
determine the influence of inundation by the tube bundles, we also performed an inundation
simulation experiment using the SM tube. By using the obtained experimental values, we were
able to modify a previously predicted correlation for a smooth tube, obtaining a good correlation.
The main conclusions of our study are summarized below.
(1) Compared to Nusselt's equation, the αo of the LF tube was 5.5 times higher for R134a and 6
times higher for R245fa. Further, αo was higher in R245fa than in R134a. This was because
the surface tension of R245fa was stronger than that of R134a, making the formation of a thin
liquid film on the side surface of the fin easier.
(2) Compared to Nusselt's equation, the αo of MG tubes was 7 times higher for R134a and 7.5
times higher for R245fa. Furthermore, when compared with each test heat transfer tube, it
showed high αo values in the order of MGu < MGs < MGv. This was due to differences in the
shape of the fin split in the circumferential direction for each tube. In addition, since the
surface tension of R245fa is stronger than that of R134fa, this effect was more pronounced.
(3) When an inundation simulation experiment was carried out with the SM tube, αo was lower than
for the single tube experiment. However, as Ref increased with liquid supply, the convection
diffusion of the liquid film was promoted by the influence of the liquid supply from the upper
stage, so αo increased again.
(4) The predicted correlation of Gstöhl and Thome (2006b) coincided with the experimental values
within a range of -20% to +25%; the correlation coefficient was 0.78. However, their predicted
correlation tended to underestimate the inundation simulation experiment values of R245fa.
Experimental values with different tube pitches were predicted to be either too small or
excessive.
(5) The predicted correlation of Gstöhl and Thome (2006b) was modified to take into consideration
the influence of the Pr number on turbulent heat transfer and the influence of the tube pitch.
Compared to the experimental values of this study and of Gstöhl and Thome (2006a), the new
predicted equation coincided within a range of-15% to +25%, and had a high correlation
coefficient of 0.93.
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NOMENCLATURE
A
Cp

area (m)
isobaric specific heat (kJ·kg-1·K-1)

g

gravitational acceleration (m·s-2)

Ga
h
ΔhLV

galilei number (-)
fin height (m)
latent heat (J·kg-1)

L

length (m)

p
Ph
Pr
Q
q
S
Re
T
W

fin pitch (m)
phase change number (-)
Prandtl number (-)
heat flow rate (kW)
heat flux (kW·m -2)
between the tubes distance (m)
Reynolds number (-)
temperature (°C)
mass flow rate (kg·s-1)

Greek Symbols
α
heat transfer coefficient (kW·m -2·K-1)
film flow rate per unit length of one side
Γ
(kg·s-1·m -1)
λ
thermal conductivity (kW·m -1·K-1)
μ
dynamic viscosity (Pa·s)
ν
kinematic viscosity (m·s-1)
Subscripts
f
film
in
inside
L
saturated liquid
liq
liquid
o
outside
out outlet
r
saturate
s
water
V

saturated vapor

wall wall
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ABSTRACT
The application of magnetic bearings has significant advantages to centrifugal compressors, such
as improving operating speed, ameliorating energy efficiency and reducing noise and vibration.
Modal frequency and unbalance response of a maglev centrifugal compressor rotor-bearing
system are important index parameters to ensure stable operation of the compressor. Thus, it is
inevitable to optimize those parameters when designing compressor structure. In this paper,
basing on the basic theories of rotor dynamics, ANSYS is used to analyze vibration mode and
unbalance response of a compressor rotor-bearing system. Basic excitation sources caused by
impellers in pneumatic section and magnetic bearings’ stiffness parameters are considered when
doing rotor dynamics modal simulation. Influences on critical speed of the rotor-bearing system
caused by support stiffness of magnetic bearings and impellers aerodynamic force is analyzed
during the simulation, by which the rotor modal frequency adjustment method is obtained. Besides,
the unbalance response sensitivities of different unbalanced amount at different rotor parts are
analyzed. Those simulation results have provided a reference to designing the rotor in long axis
system of maglev high-speed centrifugal compressor.
Keywords: Refrigeration Compressors, Rigid rotor, Rotor Dynamic Analysis, Stiffness/damping
Parameters, Vibration mode, Modal frequency, ANSYS, Long Axis System.

1. INTRODUCTION
The application of magnetic bearings has significant advantages to centrifugal compressors, such
as improving operating speed, ameliorating energy efficiency and reducing noise and vibration
(Wen et al., 2000 and Huang et al., 2016). A rigid rotor does not bend or deform, which is
beneficial to detection and control, during operation process. The main purpose of dynamic design
on maglev compressor rotor system is to ensure the rotor system having stable and reliable
dynamic characteristics throughout whole operating speed range, so that the rotor system can
maintain high accuracy and stability in operation process.
In this paper, basing on the basic theories of rotor dynamics, ANSYS is used to analyze modal
shape and modal frequency of a rigid maglev compressor rotor-bearing system. Besides, due to
unbalance of the rotor is the most important source of excitation for rotating machinery (Hu et al.,
2006), unbalance response of the rotor is analyzed. Those results have provided a reference to
design the rotor in long axis system of magnetic high-speed centrifugal compressor.

2. MATHMATICAL MODEL OF MAGLEV RIGID ROTOR
The Cartesian coordinate system is established with the centroid of the rotor as the origin, the axis
of the rotor as the axis of Oz, the vertical direction as the axis of Ox and the horizontal direction as
the axis of Oy, as shown in Fig. 1.
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Figure 1: Five-degree-of-freedom maglev rotor system

The system consists of two radial magnetic bearings and one axial magnetic bearing. The front
radial magnetic bearing controls two radial degrees of freedom xf and yf, and the rear radial
magnetic bearing controls two radial degrees of freedom xr and yr, and the axial magnetic bearing
controls the axial degree of freedom z.
The displacement of the centroid Oc of the rotor is shown in Eq. (1).

bx f  axr

x 
 c
l

by f  ayr
 yc 

l

Eq. (1)

Where, xc and yc are the displacements of the centroid in m, a is the distance between the front
radial magnetic bearing and the centroid in m, b is the distance between the rear radial magnetic
bearing and the centroid in m, l is the distance between the two radial magnetic bearings in m.
Without considering the bending deformation of the rotor, the rotation angles of the rotor in the xz
plane and in the yz plane are respectively α and β, as shown in Eq. (2).
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Eq. (2)

Differential equations of motion for a five-degree-of-freedom maglev rotor system are as shown in
Eq. (3).
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Eq. (3)

Where, m is the mass of the rotor in kg, Jd and Jp are the cross-section and polar moment of inertia
around the centroid in kg·m2, ω is the angular velocity of the rotor in rad·s-1, Ffx and Ffy are the
electromagnetic forces of the front radial magnetic bearing in N, Frx and Fry are the electromagnetic
forces of the rear radial magnetic bearing in N, Fz is the electromagnetic force acting on the axial
magnetic bearing in N, F´x and F´y are the unbalanced forces or external disturbance forces in
response in N.
The linear equations of the electromagnetic force of the maglev rotor are as shown in Eq. (4).
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Where, kxfx and kyfy are the stiffness of front radial magnetic bearing in N·m-1, kxrx and kyry are the
stiffness of rear radial magnetic bearing in N·m-1, kifx and kify are the current coefficients of front
radial magnetic bearing in N·A -1, kirx and kiry are the current coefficients of rear radial magnetic
bearing in N·A -1, ifx and ify are the currents of front radial magnetic bearing in A, irx and iry are the
currents of rear radial magnetic bearing in A.
At present, the decentralized control modes of each degree of freedom are adopted, and there are
no couplings between radial and axial direction. The mathematical model of maglev rigid rotor can
be expressed as a four-degree-of-freedom rigid rotor model. The differential equations of motion of
rigid rotor as shown in Eq. (5) can be obtained.
a
 b

m
0
0 
 m
0
 0
l
l

 
x  
b
a
f
0
0
 
 0
0
m
m 
x  

l
l 
r 
 J
 
0
J
y   0
d

 d

f
0
0
J
J
 l
 
l
y  
p
p

J
J  r    

d 
l
l

 0
0  d
l
l 

k
k
0
0  x   k

xrx
 xfx
 f   ilx
 0

0
k
k
0
xfy
xry  xr  


bk
0
0  y    ak
  ak
xfx
xrx
ilx

 f  
y   0
0
bk
 ak
 0

xfy
xry  r  


0



0
J

p
l

0
k

irx
0

bk
irx
0

0


 x
 f

p  xr


l  yf
 y
0  r

0
J

0
k

ily
0

 ak
ily









Eq. (5)
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According to Eq. (5), the free vibration or forced vibration response of the system can be calculated.
When F´x and F´y are equal to zero, the modal frequencies and modal modes of the system can be
obtained.

3. MODAL ANALYSIS OF MAGLEV RIGID ROTOR
The shafting of maglev system includes radial magnetic bearing rotor parts, motor rotor parts
(magnets, etc.), thrust bearing, and some pneumatic parts (impellers). According to the structural
characteristics of the rotor of the maglev system, the processing of rotor position is the most
important factor affecting the modeling accuracy in the model study. At the same time, the
influence of the different Young’s modulus of axial and radial caused by the laminated form of
silicon steel sheets on the rotor modal can not be ignored. Therefore, simulation and verification
should be emphasized in the modal study. In addition, the support stiffness also has a certain
influence on the shafting mode. In the magnetic refrigeration compressor, not only the magnetic
bearing will provide the support stiffness to the rotor, but the labyrinth seal will also provide a
certain support stiffness to the rotor, and this part of the stiffness should also be emphasized.
3.1.
Modal Analysis of Maglev Rotor
With the development of rotor dynamics, the application of finite element method (FEM) in modern
calculation method is more and more in-depth. Its simulation accuracy is high and the simulation
effect is good. In the design process, the dynamic simulation design of rotor modal is carried out by
combining the finite element analysis software ANSYS. At the same time, compared the simulation
results with the measured modes and modified the simulation parameters, so that the simulation
results are basically the same as the measured results.
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The laminated silicon steel sheets on maglev rotor has different radial and axial Young’s modulus
due to lamination and immersion paint. Adjusting the coefficient of Young’s modulus of laminated
silicon steel sheets can approximate the effect of the difference between the radial and axial states
of laminated silicon steel sheets. Built the model of maglev rotor to analyse the modal simulation of
the model by using finite element analysis software, and compared the consistency between the
model and the measured modal of the rotor. The 2 and 9 measuring points in the measured model
are located in the center of the front and rear bearing respectively.
The flexible modal frequency of the rotor of the maglev system obtained by simulation and
measurement are shown in Table 1.
Table 1. Flexible frequency comparison table of simulation and measurement

First-order Flexible Frequency

Simulation
Measurement

758Hz
759Hz

Second-order Flexible Frequency
1343Hz
1339Hz

The vibration mode of the first-order flexible frequency of the simulation is shown in Fig. 2, and the
vibration mode of the first-order flexible frequency of the measurement is shown in Fig. 3. The
positions of the nodes are basically the same.

Figure 2: Finite element simulation result of the first-order flexible modal shape

Figure 3: Measurement result of the first-order flexible modal shape

The flexible modal frequency and the positions of the nodes are almost the same with actual
situation when doing ANSYS modal simulation if the coefficient of Young’s modulus of silicon steel
sheets were adjusted, which verifies the accuracy of the finite element simulation and the
rationality of the Young’s modulus of the laminated silicon steel sheets.
The first-order flexible frequency 758Hz is 1.5 times of the normal maximum operating speed
frequency 500Hz. Therefore, the rotor can be considered as a rigid rotor.
3.2.

The Influence of the Stiffness of the Magnetic Bearing on the Modal Frequency of

the Rotor
Different bearing stiffness is given to the bearing rotor at the radial magnetic bearing in order to
compare the influence of different support stiffness on the mode frequency of the rotor. The
relationship curves are shown in Fig. 4.
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Figure 4: The influence of the stiffness of the magnetic bearing on the modal frequency

It can be found from Fig. 4 that the rotor modal frequency hardly changes with the support stiffness
in the low stiffness interval. After the support stiffness reaches 1×106 N/m, the rigid modal
frequency starts to increase significantly with the increase of the support stiffness. After the support
stiffness reaches 1×107N/m, the rigid modal frequency and the flexible modal frequency will
increase obviously with the increase of the support stiffness.
Normally, the stiffness of magnetic bearing has a great relationship with the control system due to
the particularity of the maglev system. Therefore, the stiffness can be designed in the interval
where the modal frequency changes significantly with the support stiffness. By adjusting the control
parameters, the modal frequency of the rotor can be effectively adjusted, avoiding resonance
interval.
The rotor will have a certain unbalanced quality in the actual situation, which leads to the critical
speed become different due to the existence of the Coriolis Effect. Using the software ANSYS, the
Campbell diagram of the rotor when the support stiffness of the radial magnetic bearing is 1×107 is
shown in Fig. 5.

Figure 5: Campbell diagram of the rotor with bearing support stiffness of 1×107 N/m

Due to the Coriolis Effect of the rotor, the rotor may undergo forward eddy and reverse eddy.
Forward eddy will increase the modal frequency of the rotor, and reverse eddy will reduce the
modal frequency of the rotor. The intersections of the synchronous excitation line and each forward
eddy mode frequency curves are the critical speed of the rotor. Therefore, due to the existence of
the Coriolis Effect, the critical speed of the rotor can be further increased.
3.3.

The Influence of the Stiffness of the Labyrinth Seal on the Modal Frequency of the

Rotor
The rotor used in the magnetic refrigeration compressor is provided the support stiffness not only
by the rotor, but also by the impellers in pneumatic section due to the small gap between the
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impeller and the labyrinth seal at a high speed. Comparing the influence of different stiffness of the
labyrinth seal on the rotor modal frequency, the relationship curves are shown in Fig. 6.

Figure 6: The influence of the stiffness of the labyrinth seal on the modal frequency of the rotor

It can be found from Fig. 5 that the rotor modal frequency hardly changes with the support stiffness
in the low stiffness interval. After the support stiffness reaches 1×105 N/m, the support stiffness has
a great influence on the rotor modal frequency.
Therefore, when performing the modal analysis of the rotor of the magnetic refrigeration
compressor, the influence of the labyrinth seal on the rotor modal analysis can not be ignored if the
support stiffness provided by the labyrinth seal is large enough.

4. UNBALANCE RESPONSE ANALYSIS OF MAGLEV RIGID ROTOR
It can be known from Eq. (5) that the unbalanced forces or external disturbance forces F´x and F´y
will have an influence on the rotor response, so the existence of the unbalanced quantity will affect
the running accuracy of the maglev system and the performance of the magnetic refrigeration
compressor. The small disturbance force is used to simulate the influence of the unbalanced
quantity of the parts on the rotor. The same 10N interference force is given to the mounting
positions of the different parts on the rotor. The unbalance response of the simulated rotor is
studied for the sensitivity of the rotor to unbalanced quantities at different locations and the
influence on the modal of the rotor. The unbalance response simulation results are shown in Fig. 7
and Fig. 8 below.

Figure 7: Unbalance response curve with interference force at different position
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Figure 8: Unbalance response amplitude with interference force at different position

It can be seen from Fig. 7 that the unbalance response of the rear sensor detection surface is
much larger than that of the front sensor detection surface when the frequency is close to the firstorder rigid frequency, and the unbalance response of the front sensor detection surface is much
larger than of the rear sensor detection surface when the frequency is close to the second-order
rigid frequency.
It can be seen from Fig. 8 that the front sensor detection surface response is sensitive to the
unbalanced amount at the first-stage impeller, the second-stage impeller and the seal ring, and the
rear sensor detection surface response is sensitive to the unbalance amount at the thrust plate.
In general, the unbalanced amount at different positions have little effect on the modal frequency of
the rotor, and the unbalanced amount far from the bearing causes larger amplitude of the
unbalance response at detecting position. The sealing ring and the thrust plate are relatively
regular ring parts, which can be processed to ensure a relatively small unbalance amount, but the
impellers are relatively complicated, and the unbalanced amounts are difficult to ensure. Therefore,
it is necessary to do dynamic balance check on first-stage and second-stage impeller separately
before performing the overall assembly of the rotor to ensure stability of rotor operation to reduce
the unbalance response of the shafting. The equipment for dynamic balance check is shown as Fig.
9.

Figure 9: The equipment for dynamic balance check

5. CONCLUSIONS
1. It is almost the same with actual situation when doing ANSYS modal simulation if the coefficient
of Young’s modulus of silicon steel sheets were adjusted. Because the laminated silicon steel on
maglev rotor has different radial and axial Young’s modulus due to lamination and immersion paint,
and appropriate coefficient is needed to modify the affection.
2. In appropriate stiffness interval, rotor modal frequency changes significantly with supporting
stiffness. Since the supporting stiffness of the maglev system can be adjusted by control
parameters, this interval can be used to reduce vibration around resonance frequency extent by
adjusting control parameters.
3. The influence of labyrinth seal on maglev centrifugal compressor rotor modality cannot be
ignored if the support stiffness provided by labyrinth seal were large enough.
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4. Unbalanced amount at different positions have little effect on modal frequency of maglev
compressor rotor. And the unbalanced amount far from bearing support position causes larger
amplitude than nearby region on unbalanced response at detecting position. For the maglev
compressor rotor, it is necessary to do dynamic balance check on first-stage and second-stage
impeller separately to ensure stability of rotor operation.
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NOMENCLATURE
xf

radial degree of freedom of the front radial
xr
magnetic bearing in the x direction (m)

yf

radial degree of freedom of the front radial
yr
magnetic bearing in the y direction (m)

z

axial degree of freedom (m)

yc
a
α
Ffx
Frx
m
Jd
F´x
kxfx
kxrx
kifx
kirx
ifx
irx

xc

displacement of the centroid in y
direction(m)
distance between the front radial
magnetic bearing and the centroid (m)
rotation angle in the xz plane (rad)
electromagnetic force of xf (N)
electromagnetic force of xr (N)
the mass of the rotor (kg)
cross-section moment of inertia (kg·m2)
unbalanced force in the x direction (N)
stiffness of xf (N·m-1)
stiffness of xr (N·m-1)
current coefficient of xf (N·A -1)
current coefficient of xr (N·A -1)
current of xf (A)
current of xr (A)

l
b
β
Ffy
Fry
ω
Jp
F´y
kyfy
kyry
kify
kiry
ify
iry

radial degree of freedom of the rear
radial magnetic bearing in the x direction
(m)
radial degree of freedom of the rear
radial magnetic bearing in the y direction
(m)
displacement of the centroid in x
direction(m)
distance between the two radial magnetic
bearings (m)
distance between the rear radial
magnetic bearing and the centroid (m)
rotation angle in the yz plane (rad)
electromagnetic force of yf (N)
electromagnetic force of yr (N)
angular velocity (rad·s-1)
polar moment of inertia (kg·m2)
unbalanced force in the y direction (N)
stiffness of yf (N·m-1)
stiffness of yr (N·m-1)
current coefficient of yf (N·A -1)
current coefficient of yr (N·A -1)
current of yf (A)
current of yr (A)
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ABSTRACT

Microchannel heat exchangers(MCHX) are increasingly applied in heat pump applications due to their
compactness, high heat transfer effectiveness and reduced charge. Their performance is strongly
influenced by the pass arrangement. For multi-bank MCHX, pass optimization is particularly challenging
since the number of candidate designs is exponentially large. Neither the exhaustive search nor
traditional optimization algorithms can effectively find optimal designs in this case. So far, very few
studies on MCHX pass arrangements have appeared in the literature, and no study presents a
systematic optimization approach to solve this problem. This paper presents a novel integer permutation
based Genetic Algorithm(GA) for multi-bank MCHX pass optimization. Novel genetic operators are
designed such that all individuals generated by GA can be decoded as feasible MCHX pass
configurations. Case studies are presented to show that the proposed approach yields MCHX designs
with 8.1-10.3% improved capacity than non-optimized pass configurations.
Key words: Microchannel Heat Exchanger, Pass Optimization, Integer Permutation, Genetic Algorithm

1. INTRODUCTION
Microchannel heat exchangers (MCHX) have been increasingly applied in air-conditioning and heat
pumps because they offer greater compactness, significant charge reduction, lower refrigerant pressure
drop and lower air-side fan power consumption compared to tube-fin heat exchangers (TFHXs).
Typically, for the given envelope volume and operating condition, the system designer has the freedom
to choose the suitable geometry for optimization of MCHX performance.
Optimization of MCHX is not a new topic. Heun and Dunn (1996) provided a systematic evaluation of
the effect of port shape on microchannel tube performance. They carried out an analytical study to
improve microchannel condenser design. They found that refrigerant side pass arrangement and port
shape significantly impact their design. Kulkarni et al. (2001) optimized a sawtooth condenser for
refrigerators. The optimal design was obtained when the added condenser area caused so much
pressure drop that the air flow rate dropped to the point where the air and refrigerant temperatures
pinched. Using a more powerful and efficient fan was recommended to achieve further increase in
condenser performance. Martínez-Ballester et al. (2013) presented a numerical model for microchannel
condensers. Fin cuts was studied as a function of the refrigerant pass arrangement. Huang et al. (2015)
explored the effect of variable geometry (fin depth, fin density, port size etc.) on air cooled microchannel
condensers using a novel variable geometry microchannel heat exchanger model. Capacity was plotted
as a function of material mass for variable geometry and conventional geometry MCHX. It shows that
optimization of variable geometry MCHX is an effective way to improve HX performance and reduce
material cost. Li and Pega (2018) presented a parametric study on MCHX pass arrangement for
condensers with separation circuiting based on their experimentally validated MCHX condenser model.
The best pass arrangement among all 310 pass arrangements they enumerated offers 17.9%
performance improvement compared to the baseline condenser. Since they only evaluated a small
number of designs, their best pass arrangement is not necessarily the optimal.
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Design engineers usually choose MCHX pass arrangement based on their experience or the benchmark
result of a limited number of simulations for a few artificially designed pass arrangements. For instance,
one of the most common pass arrangement for MCHX has multiple passes, which starts from the top
and ends at the bottom. There is no guarantee that manually designed pass arrangements are optimal
designs, especially for large HXs. The pass arrangement optimization for multi-bank MCHX is
particularly challenging due to the extremely large design space whose size increases exponentially
with the increase of tube numbers. To the authors’ knowledge, there is no optimization algorithm which
has appeared in the literature to optimize MCHX pass configurations.
In this paper, Genetic Algorithm is used to solve microchannel heat exchanger pass optimization
problem. A finite volume heat exchanger model, CoilDesigner® (Jiang et al. (2006)) is used to simulate
the performance of MCHX with different pass arrangements. The primary contribution of this paper is to
present a new integer permutation-based GA algorithm. This new algorithm can generate valid pass
arrangement designs without requiring extensive domain knowledge. Manufacturing constraints are
incorporated in the newly developed GA operators.

2. INTEGER PERMUTATION BASED GENETIC ALGORITHM
2.1 Representation of MCHX Pass Configurations
A good individual representation (chromosome) can not only improve the efficiency of genetic algorithm
by reducing the searching space, but it should be easy to interpret by simulating the nature of the
problem (Deb, 2012)). It has been shown that a meaningful and appropriate chromosomal
representation of the problem can speed up Genetic Algorithm to converge to a global optimal (Kargupta
et al., 1992)). For microchannel heat exchanger pass optimization problem, the proposed approach
represents tubes in one pass as an array of integers. The optimization technique is independent of the
actual numbering of the tubes. For an integer permutation, each integer (i.e., tube number) appears
exactly once, thus, any chromosome generated by the Genetic Algorithm can be mapped to a valid pass
arrangement design and the size of the search space is dramatically reduced by the elimination of
redundant designs.
Consider a 20-tube, 2-bank MCHX. as an example (shown in Figure 1a). There are 2 circuits (i.e. 2
refrigerant streams). One circuit has 4 passes and the other circuit has 3 passes. The 2 red arrows
indicate the refrigerant inlets and the 2 blue arrows indicates the refrigerant outlets. The refrigerant
streams flowing through the headers are represented by black arrows. A novel chromosome (Figure 1b)
is developed to represent MCHX pass arrangement. It uses the concept of jagged arrays, each element
of this array stores the pass arrangement in each circuit (i.e. refrigerant stream). Each circuit contains
a sequence of integer arrays, and each of these arrays represents the tube numbers in each pass. By
using this chromosome, number of circuits, number of passes in each circuit and number of tubes in
each pass are all flexible and can be varied by the optimizer. Intuitively, the designed chromosome
represents MCHX pass arrangement in a realistic manner because it “physically” separates different
circuits and different passes from each other.

Figure 1: Pass Arrangement Representation: (a) 20-tube MCHX; (b) Chromosome
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2.2 Selection Operator & Constraint handling
The selection operator selects superior individuals in a population and forms a mating pool. The common
selection methods from Genetic Algorithm literature are tournament selection, proportionate selection
(i.e. Roulette wheel selection) and ranking selection (Goldberg, 1989)). The essential idea is to pick the
above-average individuals from the current population and insert duplicates of those elite individuals in
the mating pool in a probabilistic manner. In this paper, a tournament selection operator with tournament
size 2 is adopted to cooperate with an efficient constraint handling method (Deb (2000)). Li and Aute
(2018) have shown that this selection operator and constraint handling technique can solve tube-fin heat
exchanger circuitry optimization problem efficiently.
Coit and Smith (1996) has shown that constraint handling method such as penalty method cannot
efficiently avoid the infeasible individual if Genetic Algorithm generates too many infeasible individuals
than feasible ones and the optimization process will remain stagnant. According to Deb (2001), the most
efficient constraint handling approach is to incorporate constraint inside the working principles of the GA
operators, such that all generated designs are feasible designs. In this MCHX pass arrangement
optimization problem, since there is usually an upper limit of refrigerant mass flux in individual tubes to
avoid large pressure drop, design engineers have the demand to set ‘minimum number of tubes per
pass’ as a manufacturability constraint. This necessitates specially designed genetic operators which
can incorporate manufacturability constraints as their intrinsic working principles.
2.3 GA Operators
The creation of new individuals relies on the genetic operators. In this study, six novel genetic operators
are developed. As shown in Figure 2a, ‘circuit union’ operator merges 2 randomly selected circuits into
1 circuit. ‘Circuit split’ operator (Figure 2b) split 1 circuit from a randomly selected location into 2 circuit.
Because ‘circuit union’ and ‘circuit split’ can vary number of circuits, these two operators impose the
most prominent change on MCHX design. ‘Pass union’ operator (Figure 2c) selects two adjacent passes
in the same bank and merge them into 1 pass.

Figure 2: GA Operators: (a) Circuit union; (b) Circuit split; (c) Pass union

In addition, ‘pass split’ operator (Figure 3a) selects 1 pass and split it into 2 passes. It needs to be
mentioned that ‘pass split’ operator will only select those passes whose total number of tubes are more
than 2 times of ‘minimum allowed number of tubes in each pass’ to perform splitting operation. And the
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splitting location, although randomly determined, can guarantee that each of 2 generated passes after
splitting satisfies the ‘minimum number of tubes in one pass’ constraint. ‘Pass sequence inversion’
operator (Figure 3b) will randomly select one circuit and reverse its pass sequence (reverse the
refrigerant flow direction). As shown in Figure 3c, ‘tube redistribution operator’ reallocates tubes into
different passes while maintaining the total number of passes the same. It needs to be mentioned that
when redistributing tubes, different tubes are only relocated to adjacent passes in the same bank.
Despite the group of tubes which will be relocated are selected randomly, the algorithm is implemented
in such a way that it will guarantee there are enough tubes left after the tubes removal. In this way,
manufacturability constraint is implemented as the intrinsic working principle of the GA operators.

Figure 3: GA Operators: (a) Pass split; (b) Pass sequence inversion; (c) Tubes redistribution

3. CASE STUDY
3.1 Baseline Heat Exchanger
This section represents two case studies to demonstrate the efficacy of the proposed optimization
framework. In order to compare the optimal design obtained from the proposed algorithm with the best
design obtained from previous research (Mehendale et al., 2016). The 1st case study adopts a singlebank MCHX evaporator from Mehendale et al. (2016) as the baseline. It has 36 tubes and 12-12-12
pass arrangement from top to bottom. The 2nd case study uses a 2-bank MCHX evaporator to illustrate
the capability of the proposed approach to handle multi-bank MCHX. Its tube and fin dimensions are
similar to those MCHXs typically applied in commercial heat pump applications.
The air side operating conditions are adopted from AHRI (2008). In order to conduct a fair comparison
with the finite search results obtained from Mehendale et al. (2016), the evaporator outlet superheat is
fixed at 5°C and the evaporator inlet conditions as well as the R410A mass flow rate are iteratively
solved by CoilDesigner® (Jiang et al., 2006). A finite volume heat exchanger model, CoilDesigner®
(Jiang et al., 2006) is used to simulate the performance of MCHX with different pass arrangements. This
model has been validated with multiple sets of measured data from different sources and the deviation
of HX capacity between simulations and experiments is within 3% (Huang et al., 2014).
Table 1 summarizes the structural parameters of the two baseline MCHXs and the operating conditions
under which all simulations are performed. In both case studies, the airflow distribution is assumed to
be uniform. The empirical correlations used for local heat transfer and pressure drop calculations during
the performance simulation of the MCHX evaporators can be found in Mehendale et al. (2016). A finite
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volume heat exchanger model, CoilDesigner® (Jiang et al., 2006) is used to simulate the performance
of MCHX with different pass arrangements. This model has been validated with multiple sets of
measured data from different sources and the deviation of HX capacity between simulations and
experiments is within 3% (Huang et al., 2014).
Table 1: Structural Parameters and Operating Conditions of Baseline MCHXs

Parameters
Total number of tubes
Number of banks
Number of tubes per bank
Number of passes
Pass arrangement
Tube Length (m)
Tube Height (m)
Tube Width (m)
Tube Vertical Spacing (m)
Bank Horizontal Spacing (m)
Port shape

MCHX 1 (single bank)
36
1
36
3
12-12-12
0.562
0.0018
0.0254
0.01641
0.01905
circular

Port size (m)

0.001 (diameter)

Number of ports per tube
Fin density (fins per inch)
Air inlet dry bulb (°C)
Air relative humidity
Average air face velocity (m/s)

18
20

R410A Inlet State
Target outlet superheat (°C)

MCHX 2 (multi-bank)
58
2
29
4
13-13-16-16
0.252
0.0018
0.02
0.0078
0.022
rectangular
0.00091 (width) *
0.00132 (height)
17
18

8.33
72.7%
2.0, uniform distribution
Keep the same enthalpy as R410A @ 40 °C
saturation temperature, -5 °C subcooling (inlet
state of expansion valve)
5

3.2 Objectives and Constraints
As discussed in Huang et al. (2015), various performance metrics have been used as objectives and
constraints in heat exchanger optimization formulations. For instance, in tube-fin heat exchanger
circuitry optimization problem, three objectives were used by different investigators (Li and Aute (2018)):
1. Maximize HX capacity
2. Minimize the total material mass (material used to manufacture U-bends)
3. Maximize the ratio of heat capacity to refrigerant pressure drop
The proposed optimization framework supports various objective functions. In this case study, the
MCHX capacity is maximized to demonstrate the capability of the proposed method. There are 3
constrains imposed on this problem. The 1st constraint limits the optimal design has equal or less
refrigerant pressure drop than 1.2 times the refrigerant pressure drop of the baseline, where 1.2 is the
relaxation parameter. The 2nd constraint limits the optimal design offers larger capacity than the baseline.
The 3rd constraint is a manufacturability constraint. The required minimum number of tubes per pass is
set as 3 in order to prevent large refrigerant pressure drop in single pass, by this change the validity of
this constraint can be assessed by observing optimal designs. Eq. (1) is the problem formulation.
Objective: Maximize(Q )
Subject to:
Prefrigerant  1.2  Prefrigerant , baseline

Eq. (1)

Q  Qbaseline
Minimum number of tubes per pass = 3
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3.3 Case Study I – Single-bank MCHX
The first optimization is performed on the single-bank 36 tube MCHX evaporator. The population size is
200 and the number of generations is 500. Figure 4a shows the GA progress. Figure 4(b) shows the
optimal pass arrangement. From Figure 4a, the optimization yields an optimal design with a capacity
increase from 4088 W to 4510 W by 10.3%. As expected, there is no pass which has less than 3 tubes
in the optimal design. The pass arrangement of the baseline is 12-12-12, while the pass arrangement
of the optimal design (Figure 4b) is 5-9-22. The advantage of 5-9-22 pass arrangement can be explained
like this. In an evaporator the density of the refrigerant progressively decreases as it flows through the
MCHX, thus, it necessitates successively larger inner volumes in the refrigerant flow direction
considering the relationship between fluid velocity and refrigerant pressure drop.

Figure 4: 1-bank MCHX (a) GA progress; (b) Optimal design; (c) Best design in Mehendale et al. (2016)

As a comparison, Mehendale et al. (2016) also investigated the influence of refrigerant pass
arrangement for the same evaporator under the same operating condition. Their parametric study
explored all possible two-, three-, and four-pass MCHX configurations. As a summary, 54 two-pass, 374
three-pass, and 1554 four-pass designs were simulated and the best performing design in terms of
capacity has 2-4-30 pass arrangement (Figure 4c). Table 2 presents a detailed comparison of the
baseline, the optimal design obtained from this proposed approach and best design found in Mehendale
et al. (2016). It can be observed that although the best design from parametric study yields 12.7%
capacity improvement, which is larger than 10.3% capacity improvement of the optimal design, however,
its refrigerant pressure drop is 2.8 times to that of the baseline. This is due to the small number of tubes
in the 1st and 2nd passes. Table 2 also lists the solved R410A inlet state and mass flow rates for each
design since they are iteratively calculated to reach target outlet condition.
Case
Capacity (W)
Ref. DP (kPa)
Pass arrangement
Outlet Superheat (°C)
Refrigerant mass
flow rate (kg/s)
R410A inlet Tsat (°C)
R410A inlet quality

Table 2: Single Bank MCHX Optimization Results

Baseline
4088
8.1
12-12-12
4.98

Optimal Design
4510 (10.3%↑)
9.7 (19.8%↑)
5-9-22
5.01

Best design (Mehendale et al., 2016)
4607 (12.7%↑)
22.7 (2.8x)
2-4-30
4.97

0.0249

0.0268

0.0276

2.30
0.240

2.97
0.237

2.33
0.240
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3.4 Case Study II – Multi-bank MCHX
In order to assess the efficacy of the proposed framework to optimize multi-bank MCHX. A 2-bank, 58tube MCHX evaporator describe in section 3.1 is used as the baseline. The population size is 200 and
the number of generations is 500. The problem formulation is the same as Eq. (1). Figure 5(a) shows
the GA iteration progress, Figure 5b and Figure 5c shows the pass arrangements of the baseline and
the optimal design, respectively. It can be seen that the baseline has 4 passes, while the optimal design
has 5 passes.
Table 3 shows that the optimal design yields a capacity increase of 8.1% (i.e., from 6005 W to 6493 W),
while the pressure drop increases from 9.4 kPa to 11.2 kPa by 19.1%. This pressure drop increase is
acceptable, given that the relaxation parameter is set as 1.2.

Figure 5: 2-bank MCHX (a) GA progress; (b) Baseline; (c) Optimal design
Table 3: Multi-bank MCHX Optimization Results

Case
Capacity (W)
Ref. DP (kPa)
Pass arrangement
Outlet Superheat (°C)
Refrigerant mass flow rate
(kg/s)
R410A inlet Tsat (°C)
R410A inlet quality

Baseline
6005
9.4
13-13-16-16
4.97

Optimal Design
6493 (8.1%↑)
11.2 (19.1%↑)
8-9-24-5-13
5.00

0.035

0.038

2.35
0.240

2.56
0.238

4. CONCLUSIONS
A novel integer permutation-based GA algorithm is presented to solve the microchannel heat exchanger
pass optimization problem. Six genetic operators are designed to generate pass arrangement with
potentially better performance. The manufacturability constraint is handled inside the generic operators,
such that all resulting pass arrangements generated by those operators are feasible. Two case studies
on a single bank MCHX evaporator and a multi-bank MCHX evaporator show that the proposed
optimization approach can generate pass arrangement designs with predicted capacities superior to
pass arrangements designed manually, meanwhile guarantee good manufacturability, despite the
actual improvement needs to be further validated by manufacturing and testing those optimal MCHXs
in the future study. The proposed approach yields MCHX designs which have 8.1-10.3% improvement
in heat exchanger capacity than non-optimized MCHX pass configurations.
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ABSTRACT
Lower global warming potential refrigerants tend to be highly flammable, and therefore, their safety
evaluation is necessary. Pump-down is an operation used to collect the entire refrigerant in an air
conditioner to its outdoor unit; however, some accidents have been reported where the compressor
exploded owing to air contamination because of operational error. In this study, self-ignition of air,
refrigerant, and lubricating oil were investigated experimentally. Additives to suppress combustion
were mixed with oil and subsequently tested. Compared with the results of pure oil, the flammable
range of the mixture became narrower for the oil mixed with the additives. It was revealed that the
additives effectively suppressed the combustion at pump-down.
Keywords: Heat Pump, Pump-Down, Low GWP, Flammability, Safety.

1. INTRODUCTION
Environmental and safety characteristics are important for refrigerants used in air conditioners, as
well as physical properties such as the cooling capacity and performance coefficient. To conserve
the global environment, the refrigerants’ ozone depleting potential (ODP) should be zero, and the
global warming potential (GWP) should be low. The GWP of R410A, which is a conventional
refrigerant for air conditioners, is extremely high that new low-GWP refrigerants such as R1234yf
and R32 have been introduced. However, R32 still exhibits a high GWP, thereby causing
hydrocarbon refrigerants such as R290 to attract increasing attention as a solution to global warming.
Nevertheless, these refrigerants with lower GWPs are higher in flammability; therefore, safety
investigations are required. Table 1 lists the ODP, GWP, and flammability of several refrigerants
(Japan Society of Refrigerating and Air Conditioning Engineers, 2017).
Table 1. Properties of refrigerants

-

R290

R1234yf

R32

R410A

R22

Chemical formula

CH3CH2CH3

CH2 = CFCF3

CH2F2

CH2F2 (50%)
CHF2CF3 (50%)

CHClF2

ODP

0

0

0

0

0.055

GWP

3

4

675

2090

1810

LFL* (vol, %)

2.02

6.7

13.5

UFL** (vol ,%)

9.81

12

28

ASHRAE
flammability
A3
A2L
classification
* Lower flammable limit; ** Upper flammable limit

A2L

No flame propagation
A1
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The authors focused on a compressor explosion accident at the pump-down of air conditioners.
Pump-down is an operation used to gather an entire refrigerant into the outdoor unit of a split air
conditioner. By closing the outlet valve of an outdoor unit and forcefully driving the air conditioner,
the refrigerant is gathered into a condenser as a liquid. When the split air conditioner is relocated or
discarded, a pump-down operation must be performed to prevent refrigerant leakage into the
atmosphere. During the pump-down operation, the suction line of a compressor becomes vacuum.
If the penetration of air into the refrigerant tube occurs because of an error during the operation of a
three-way valve or damaged tubes, the pressure and temperature inside the compressor would
increase. The authors have tested several lubricating oils with fluorocarbon refrigerants by
reproducing the combustion from the mixture of air, refrigerant, and oil. It was revealed that the
flammability was affected by not only the flammability of refrigerants but also that of the lubricating
oil (Higashi, et al., 2017). In this research, additives exhibiting a combustion suppression effect were
mixed to a lubricating oil, and the flammability of the gaseous mixture of air, refrigerant, and oil was
investigated experimentally.

2. METHODS
2.1.

Experimental Apparatus

An experimental apparatus was built to reproduce a diesel explosion at pump-down. Fig. 1 shows a
schematic of the experimental apparatus. The apparatus primarily consists of a compressor,
refrigerant supply system, temperature-control system, and lubricating oil supply system. For safety,
a model engine (R155-4C, 4-stroke, stroke volume: 25.42 cc compression ratio: 16.0 made by ENYA)
was used as a simulated compressor by driving its shaft with a motor. Fig. 2 shows the cut model of
the engine. The air and refrigerant were supplied in their gaseous states, and the flow rate was
controlled independently. They were mixed at a certain level of concentration and heated using a
heater in front of the intake port of the engine. The lubricating oil was injected into the mixture by
spraying. The quantity of oil per injection was changed using the injection time. A mixture of
refrigerant, air, and lubricating oil was compressed by the engine. The pressure in the engine was
measured using a pressure sensor (6045A, made by Kistler, linearity: ± 0.4% FSO). The pressure
sensor was attached to a port for the spark plug instead of the plug itself. The exhaust gas of the
engine was analyzed using a Fourier transform infrared spectrometer ([FT-IR], FT/IR-4700, made by
Jasco, resolution: 0.5 cm-1, S/N: 35000:1). The database provided by the Pacific Northwest National
Laboratory (PNNL) was referred to identify substances from the results of the measurements from
the FT-IR (PNNL, 2018). The reference can be referred for further information on the experimental
apparatus.
Scrubber
Mass flow
controller

Refrigerant
cylinder

FT-IR
gas cell

Heater 1

Compressor
(model engine)
Dehumidifier
Air compressor

Flow
meter

Mass flow
controller

Oil injection
system

T

Heater 2

Motor

P
Encoder
Stroke sensor

Oil tank

Figure 1: Schematic of experimental apparatus
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Figure 2: Cut model of engine

2.2.

Experimental Conditions

Table 2 lists the refrigerants, lubricating oil, and additives used in this research. R290 (propane,
higher flammable hydrocarbon refrigerant), and R32 and R1234yf (mildly flammable refrigerants)
were used. Polyolester (POE) oil is generally used as a lubricating oil for compressors.
Table 2. Refrigerants, lubricating oil, and additives

Refrigerant
Lubricating oil
Additive
Additive mix ratio

R290, R32, R1234yf
Polyolester (POE) oil
A1, A2
5 wt%

Additive A1 is a phenolic antioxidant. The phenyl group captures radicals that are generated by oil
combustion. Additive A2 is an epoxy stabilizer. It captures hydrogen fluoride generated by refrigerant
combustion. Both the additives are expected to demonstrate a combustion suppression effect. The
additives were mixed with pure POE oil by 5 wt%.
Table 3 lists the experimental conditions. The flow rate of a gaseous mixture was calculated using
the number of revolutions and the stroke volume of the engine. During actual accidents, the
temperature of the compressor may increase because it compresses the gaseous mixture
continuously; therefore, in this study, the mixture was heated to 260 °C such that burning occurs
easily. The heater temperature was controlled such that refrigerant decomposition does not occur,
as reported in a research on the thermal decomposition of refrigerants (Ito, et al., 2014). The oil flow
ratio was calculated based on the standard oil flow rate, which will be discussed later. The oil flow
rate was controlled by injection time, which was calibrated on each lubricating oil.
Table 3. Experimental conditions

Number of revolutions of engine (rpm)
Gaseous mixture flow rate (l.min-1)
Inlet gas temperature (°C)
Oil equivalence ratio (-)

1500
18.75
260
0.0 (without oil), 0.7, 1.0, 1.3, 1.6

Table 4 lists the properties of the lubricating oil. The standard flow rate was calculated such that the
oil flow rate would become the theoretical air fuel ratio.
Table 4. Properties of lubricating oil
CHO ratio (mass %)
70.1:10.8:19.1
Ignition point (°C)
408
Theoretical air fuel ratio (kg.kg-1)
10.91
Standard flow rate (l.min-1)
3.519×10-4
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3. RESULTS AND ANALYSIS
3.1.

R290

Fig. 3 shows the typical pressure changes in an engine when the gaseous mixture of air and
lubricating oil is compressed. The horizontal axis shows the crank angle of the engine, while the
vertical axis shows the pressure. The oil equivalent ratio of the mixture was 1.0. The gaseous mixture
was compressed in the compression stroke with the crank angle between 180° and 360°; therefore,
the pressure was increased. The pressure was decreased in the expansion stroke with the crank
angle between 360° and 540°, and subsequently the gas was exhausted.
Under this condition, the self-ignition of the lubricating oil occurred, and the pressure increased. The
maximum pressure reached approximately 4 MPa. The pressure increased significantly, a loud noise
was heard, and strong vibrations were observed; furthermore, carbon monoxide (CO) was detected
in the exhaust gas.

p (MPa)

Pure POE

Angle (degree)

Figure 3: Change in pressure with pure POE oil

Fig. 4 shows the pressure changes in the engine when the gaseous mixture of air, R290, and
lubricating oil was compressed. The R290 concentration was 0.6 vol%. An intense combustion was
observed, and the pressure increased higher than the result obtained without R290 shown in Fig. 3.
The maximum pressure exceeded 5 MPa. Fig. 5 shows the infrared adsorption spectrum of the
exhaust gas under the same condition as measured by FT-IR. The horizontal axis shows the
wavenumber of the infrared spectrum, and the vertical axis shows the adsorption ratio. The spectra
of R290 was observed between the region from 3050 to 2800 cm -1, and that for CO was observed
between the region from 2250 to 2050 cm -1. R290 underwent combustion, and the combustion
contributed to an increased pressure.

p (MPa)

R290 / Pure POE

Angle (degree)
Figure 4: Change in pressure with R290 and pure POE oil
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Figure 5: Infrared adsorption spectrum of exhaust gas

Fig. 6 shows the relationship between R290 concentration and the maximum pressure. The
horizontal and vertical axes show the R290 concentration and maximum pressure, respectively. The
maximum pressure p’max was normalized to p0; the pressure when the air was compressed is as
shown in Eq. (1). The legends show the amount of oil; 0.0 represents the results without oil, and 1.0
shows the results when the oil equivalence ratio was 1.0. The theoretical value of the maximum
pressure (pth) was calculated by assuming the adiabatic compression of a gaseous mixture of the
refrigerant, as shown in Eq. (2).
′

𝑝𝑚𝑎𝑥 =

𝑝𝑚𝑎𝑥
𝑝0

Eq. (1)

𝑝𝑡ℎ = 𝑝𝑎𝑡𝑚 × 𝜀 𝜅

Eq. (2)

3.5

3

3

2.5

2.5

p' max / -

3.5

p’max (-)

p’max
max (-)
/p'

In the results with pure POE oil shown in Fig. 6 (a), combustion did not occur when the refrigerant
concentration was higher than 0.6 vol%. The maximum pressure was low, and any combustion
production such as carbon monoxide (CO) were not detected by FT-IR. At the lower refrigerant
concentration, a combustion was observed. The pressure increased significantly, and CO was
observed in the exhaust gas. Figs. 6 (b) and (c) show the results with the additives. In both results,
no combustion was observed with R290 mixed. Even when the combustion occurred only with air
and the oil mixture, the maximum pressure during combustion was lower than that with pure POE
oil. The results indicate that the additives could suppress the flammability of the gaseous mixture of
air, refrigerant, and lubricating oil.
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Figure 6: Results with R290
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Fig. 7 shows the results with R32. The flammable range with pure POE was lower than 20 vol%.
When the additives were mixed, both results exhibited a narrower flammable range than that with
pure POE oil, lower than 15 vol% for POE with A1, and lower than 10 vol% for POE with A2.
Regarding the result with A1, the maximum pressure during combustion was lower than that with
pure POE oil. The results indicate that the additives could narrow the flammable range, and the
additive A1 could inhibit the intensity of combustion.
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Figure 7: Results with R32
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3.3.

R1234yf

Fig. 8 show the results with R1234yf. The combustion was observed with a lower refrigerant
concentration than 5 vol% with pure POE. The results with the additives indicated a narrower
flammable range than that with pure POE, lower than 0.5 vol% for A1, and lower than 2 vol% for A2.
The tendency of the additives in inhibiting a combustion was similar to the results with R32.
3.5

3
2.5

p' max / -

3

2.5

p’max (-)

p' max / -

p’max (-)

3.5

2
1.5

2
1.5

1

1

0.5

0.5

0

0

5

10

15

20

25

30

35

40

0

0

5

10

15

20

25

30

35

40

45

50

refrigerantconcentration
concentration / vol%
Refrigerant
(vol%)

refrigerant concentration / vol%

Refrigerant concentration (vol%)
Oil 0.0

Oil 0.7

Oil 1.0

Oil 0.0

Oil 0.7

Oil 1.0

Oil 1.3

Oil 1.6

p'th

Oil 1.3

Oil 1.6

p'th

(b) with POE oil + A1

(a) with pure POE oil
3.5
3

p’
/max(-)
p' max

2.5
2
1.5

1
0.5
0

0

5

10

15

20

25

30

35

40

refrigerant concentration / vol%

Refrigerant concentration (vol%)
Oil 0.0

Oil 0.7

Oil 1.0

Oil 1.3

Oil 1.6

p'th

(c) with POE oil + A2

Figure 8: Results with R1234yf

3.4.

Effect of Additives

Tables 5 and 6 list the summary of the flammable range and normalized maximum pressure at each
condition. The flammable range was narrowed by adding the additives to the lubricating oil.
Previously, the authors have revealed that oil first becomes self-ignited, and subsequently the
combustion propagates to the refrigerant. In this study, it is presumed that the additives suppress
the first step, i.e., self-ignition of the oil, thereby resulting in a narrower flammable range. Even if
combustion had occurred, the maximum pressure becomes lower especially with additive A1. The
results suggest that additives for lubricating oils may decrease the potential of accidents at pumpdown, even with a lower GWP but higher flammability refrigerants.
Table 5. Comparison of upper flammable limit

R290 (vol%)
R32 (vol%)
R1234yf (vol%)

pure POE
0.6
20
5

POE+A1
(< 0.33)
15
0.5

POE+A2
(< 0.33)
10
2
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Table 6. Comparison of normalized maximum pressure

R290
R32
R1234yf

pure POE
2.99
3.07
2.97

POE + A1
*(2.44)
*(2.44)
*(2.44)

POE + A2
*(1.76)
3.01
2.22

4. CONCLUSIONS
Compressor distraction accident during pump-down was investigated experimentally. R290, R32,
and R1234yf were used. Two types of additives; a phenolic antioxidant and an epoxy stabilizer; were
mixed to a lubricating oil and its properties were compared when a gaseous mixture of air, refrigerant,
and oil was compressed adiabatically. In the results with every refrigerant, the flammable range with
the additives was narrower than that without the additives. The additives could suppress the pressure
when the combustion of the mixture occurred. It was revealed that the additives for the lubricating
oil could potentially decrease the possibility of accidents at pump-down.

NOMENCLATURE
p
𝜀
𝜅
0
atm
max
th
‘

pressure (MPa)
compression ratio (-)
specific heat ratio (-)
standard
atmospheric
maximum
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normalized
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ABSTRACT
The type and characteristics of the employed components, subsystems and refrigerant in a
commercial refrigeration system varies significantly depending on required functionalities (e.g. MT
(medium temperature), LT (low temperature), AC (air conditioning)) and external factors (e.g.
ambient temperature). Thus, modeling for control-oriented objectives becomes a challenging task.
As these systems provide a large amount of data, modelling for control-oriented objectives based
on a data-driven method become an appealing option. This work focuses on obtaining a (controloriented) data-driven MIMO (multiple input multiple output) model of a CO2 booster refrigeration
system, supported by parallel compression and ejectors, producing refrigeration for MT, LT, AC.
Subspace identification is used for obtaining the data-driven MIMO model. The data-driven
modelling approach is validated with data from a CO2 system where negligible deviations are
observed even with change in the main disturbances.
Keywords: Commercial refrigeration, Data-driven modelling, Subspace identification, Controloriented modelling, R744 (CO2), Ejector, Parallel compression

1. INTRODUCTION
Refrigeration systems are complex dynamic systems with many interacting subsystems, where the
dynamic/static characteristics are dependent on the physical components (i.e. valves,
compressors, etc.), operation conditions and configuration (existence of heat recovery, parallel
compressors, etc.). Much of this essential information is not known prior to design of controloriented applications (controller, optimization and process monitoring schemes). Hence controloriented applications are often based on a first principle white box model of a general system and
then later tuned for the specific system during commissioning phase. (Shafiei, 2015; Vinther, 2014)
A more appealing approach would be to base the control-oriented applications on a data-driven
model which captures the underlying dynamics/static characteristics of the respective refrigeration
system. Thus, this work focuses on utilization of data-driven modelling on a R744 (CO2)
refrigeration system specifically controlled variables for the gas cooler and receiver. This datadriven model is derived off-line using experimental data and is designed to capture the dynamics
from the inputs (measured disturbances and actuators) to the outputs (controlled variables). The
resulting model is linear and therefore applicable for controller-oriented methods.
Within the data-driven modelling domain several methods are proposed. Among these, the PEM
(predictive error methods) are popular choices. PEM are well defined for SISO (single input single
output) systems. However, PEM methods are based on iterative algorithms. Hence there is the risk
of getting stuck in a local minimum when utilized on non-linear MIMO (multiple input multiple
output), i.e. non-convex, systems (Ljung, 1999). Another method that does not suffer from this
effect is subspace identification. Subspace identification is based on non-iterative and robust
numerical algorithms, which makes it an appealing approach for data-driven modelling. (Katayama,
2005)
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To data little research has been conducted on the application of subspace identification on
refrigeration systems and even less on refrigeration systems utilizing the environmentally friendly
coolant R744 which is receiving increased interest (Paride Gullo et al., 2018). In (Shafiei, 2015)
subspace identification has been utilized for model predictive control, and in recent years received
increased attention in process monitoring area (Ding, 2014).
In section 2 the considered refrigeration system is described. In section 3 a description of the
methodology behind subspace identification is provided, followed by section 4 where the selection
of the inputs for the system identification is derived. Then in section 5 validation of the derived
model is performed and lastly in section 6 the concluding remarks are given.

2. R744 REFRIGERATION SYSTEM
The system utilized in this paper is a R744 refrigeration system located at NTNU/SINTEF in
Trondheim, Norway. A detailed description of the system can be found in (Pardiñas, Hafner, &
Banasiak, 2018) which includes components, sizing, possible configurations, etc. In the following, a
brief overview of the selected configuration and relevant aspects are given.

Figure 1: Schematic of the R744 refrigeration system in parallel configuration, with measured sensor
and actuator indication

The selected system configuration is a booster supported by parallel compression and gas
ejectors, liquid ejectors. The unit produces AC (air conditioning), cooling at MT (medium
temperature) in three evaporators and freezing at LT (low temperature) in one evaporator. The
maximum loads for AC, LT and MT are 45 kW, 20 kW and 60 kW, respectively. A simplified
schematic of this configuration with relevant controllers, sensors and actuators is shown in Figure 1,
where T, P, OD and Q represent temperature, pressure, opening degree and load measurements,
respectively. It should be mentioned that the system has secondary loops to regulate the load and
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outlet temperature (on the secondary side) of LT, MT, AC and de-superheater, thereby emulating
consumer demand. The coolant on this loop is a mixture of glycol and water. This secondary loop
also absorbs heat from the CO2 at the GC (gas cooler).
The controlled variables on the R744 side of the refrigeration system are itemized in the following:
• Pressures before the LT and MT compressor packs are controlled according to desired
temperature in the evaporators.
• Temperature and pressure downstream of the three-way valve and GC are controlled in
order to reach a desired cooling point.
• The IT (intermediate temperature) or parallel compressor(s) are controlling the pressure in
the receiver in order to reach a desired temperature for the air conditioning and reduce
fluctuations in the flow to MT and LT evaporators.
• Superheat at the outlet of the LT and MT evaporator(s) is controlled to avoid liquid in the
compressor packs.
• Temperature at the outlet of the desuperheater is controlled to reduce fluctuations in the
suction temperature of the MT compressor pack.
Normally, the controller units for the LT and MT evaporators are distributed to the individual
evaporator, as a result of the physical setup in e.g. a supermarket. The remaining controllers are
running on the same (central) controller unit. Low bandwidth communication is available between
the distributed controller units and the central controller unit. Data-driven modelling is very
dependent on the available measurements (inputs and disturbances). Hence, control variables in
focus in this paper are the receiver pressure and the GC temperature and pressure. The
configurations, individual controller references, load of evaporators, etc. can be managed using a
local PC, from where experimental data also can be extracted.

3. DATA-DRIVEN MODELING
For data-driven modelling, subspace identification method is utilized due to the robust numerical
algorithms and it does not suffer from the risk of getting stuck in a local minimum (Katayama,
2005). Subspace identification aims to describe the system dynamics in a linear state space form
by utilizing the given I/O (input/output) data. Consider the discrete-time LTI (linear time-invariant)
system:
𝑥!!! = 𝐴𝑥! + 𝐵𝑢! + 𝐾𝑒! ,                                        𝑦! = 𝐶𝑥! + 𝐷𝑢! + 𝑒!   

Eq. (1)

where x ∈ ℝ! are states, u ∈ ℝ! are inputs , y ∈ ℝ! are outputs, e ∈ ℝ! (innovation) white noise
vector and A ∈ ℝ!×! , B ∈ ℝ!×!   , C ∈ ℝ!×!   ,  D ∈ ℝ!×!   ,  K ∈ ℝ!×!   are constant matrices. The
subspace identification problem is now to identify the constant matrices and the order of the
system (n) given the I/O data. To solve the problem a few assumptions are required; the number
(N) of measurements is sufficiently large, u is persistently exciting. Furthermore, u and e are
uncorrelated (open-loop conditions). It should be mentioned that there exist several subspace
identification algorithms. The difference between the algorithms is how the algorithms are
implemented and how the various parameters are selected. The following theory for subspace
identification is based on the previous works, see (Katayama, 2005; Ljung, 1999).
3.1.

Step one

The first step in subspace identification is to build block Hankel matrices which originates from the
extended system. The extended system is obtained by recursive substitution of Eq. (1):
𝑌! = 𝛤𝑋! + 𝐻 ! 𝑈! + 𝐻 ! 𝐸! ,                                       𝑌! = 𝛤𝑋! + 𝐻 ! 𝑈! + 𝐻 ! 𝐸!   

Eq. (2)

where H ! ∈ ℝ!"×!" , H ! ∈ ℝ!"×!" are lower triangular Toeplitz matrices with the superscripts (d,  s)
denoting deterministic and stochastic. Γ is the extended observability matrix. E! ∈ ℝ!"×! , E! ∈
ℝ!"×! , U! ∈ ℝ!"×! , U! ∈ ℝ!"×! , Y! ∈ ℝ!"×! , Y! ∈ ℝ!"×!   are block Hankel matrices, where the
subscripts p, f denote “past” and “future” respectively. X ! ∈ ℝ!×! and X ! ∈ ℝ!×! are the extended
past and future state sequences. Eq. (2) can be reformulated as:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2401

𝑌 = 𝛤𝑋 + 𝐻 ! 𝑈 + 𝐻 ! 𝐸   

Eq. (3)

where the block Hankel matrices Y, U, E are built in a similar manner and have the structure as
shown below for Y:
y!
y!
⋮
y!!!

y!
y!
⋮
y!

⋯
⋯
⋱
⋯

y!!!
y!
⋮
y!!!!!

y!
y!!!
⋮
y!"!!

y!!!
y!!!
⋮
y!"

⋯
⋯
⋱
⋯

y!!!!!
y!!!
⋮
y!"!!!!

Y!
Y=

=
Y!

with i > n and N sufficiently large. It should be mentioned that the number of row blocks in the past
and future Hankel matrices are for simplicity selected to have the same number of block rows
although they could be selected different from one another, e.g. the past and future in block Hankel
matrices could be selected as Y! ∈ ℝ!"×! , Y! ∈ ℝ!"×! , where past is i block rows and future is h
block rows. The extended state sequence X has the form  X = X ! X ! ! .
3.2.

Step two

The second step is to identify the extended observability matrix (Γ) based on Eq. (3) and then
derive A and C from Γ. Thus, the U-term is removed by utilizing orthogonal projection and E-term is
removed “correlated” away with another matrix (Ljung, 1999).The matrix utilized for removing the
E-term is often selected to consist of the past inputs (U! ) and outputs (Y! ). Thus, Eq. (3) becomes:
𝜓=
!!

1
𝑌𝛱 !! 𝑊 ! ≈ 𝛤𝑋   
𝑁 ! !

Eq. (4)

!

!
!
where Π!
UU !
U and W! = U!   Y! . The extended observability matrix can be found
! = I− U
by utilizing the left orthonormal vectors in the singular value decomposition (SVD) of Eq. (4) with
some weights (W! , W! ) pre- and post-multiplied. The SVD is:

𝑊! 𝜓𝑊! = 𝑈!

𝑈!

𝛴!
0

0 𝑉!
   ≈    𝑈!
𝛴! 𝑉!

𝑈!

𝛴!
0

0 𝑉!
    
0 𝑉!

where Σ! ∈ ℝ!×! . Note that the order of the system can be estimated by inspecting Σ for the most
significant singular values i.e. Σ! . The weights (W! , W! ) highly affect the result of the system
identification (Ljung, 1999). The extended observability matrix is found as Γ = W!!! U! T, where T is
an arbitrary matrix, which is often selected to be Σ! , Σ!!! or I (the identity matrix). Finally, A and C
can be found by solving the latter equations in a least squares sense (note Matlab ®   notation for the
indexes is used):
𝐶 = 𝛤 1: 𝑙, 1: 𝑛 ,      𝛤(1: 𝑖 − 1 𝑙, 1: 𝑛)𝐴 = 𝛤 𝑙 + 1: 𝑖𝑙, 1: 𝑛   
3.3.

Eq. (5)

Step three

With A and C estimated in Eq. (5), the remaining deterministic parts (B, D) can be estimated by
solving the linear regression:
1
arg  𝑚𝑖𝑛
𝑁
!,!

!

𝑦! − 𝐶 𝑧𝐼 − 𝐴

!!

𝐵𝑢! − 𝐷𝑢!

!       

Eq. (6)

!!!
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Eq. (6) is often an overdetermined problem. Additionally, initial conditions could be included and
estimated in Eq. (6). For estimation of the stochastic part in Eq. (1) as well as the covariance
matrix for the innovation white noise (e! ) see (Ljung, 1999).
Refrigeration systems are open-loop unstable. Thus, the I/O data have to be collected when the
loop is closed which is inconsistent with the assumption mentioned concerning the noise being
uncorrelated with the input. Hence in this paper a direct approach is applied, meaning that the
feedback is ignored. (Katayama, 2005)

4. SELECTION OF INPUTS
The purpose of this section is to give a brief overview of the dynamics of the gas cooler and the
receiver along with formulation of the dynamic equations such that relevant measurements can be
selected as inputs for the data-driven model of the controlled variables behavior (outputs). The aim
is to obtain an accurate data-driven model with the least inputs. However, in general adding more
relevant inputs increase in accuracy while adding more outputs decrease the accuracy of the datadriven model (Ljung, 1999). The data-driven model is derived as a MIMO system. Throughout this
section the assumptions stated in (Lucas, Koehler, Schroeder, & Tischendorf, 2012) are applied.

Figure 2: Schematic of the gas cooler and nearest measurements

4.1.

Gas cooler

The simple energy balance for the gas cooler is based on observing the energy flow entering and
the energy flow leaving the point where the temperature (T!" ) and pressure (P!" ) are measured.
Then the terms in the energy balance is formulate such it can be described with the available
measurements. A schematic of the gas cooler and nearest measurements is shown in Figure 2.
The (simple) energy balance is:
𝑑  𝑀!" ℎ!"
= 𝑚! ℎ! − OD!" 𝑄!" − 𝑚!" ℎ!"   
Eq. (7)
𝑑𝑡
where OD!" ∈ [0,1]   denotes the position of the three-way valve on the outlet of the gas cooler.
The mass flow rate through the compressors (m! ) can be estimated by utilizing the compressor
speeds (N!" , N!" ) as (Zheng, Deng, He, & Jiang, 2015):
!!"

𝑚! =
!!!

𝑁!",!
𝜌!" 𝜂!",! 𝑉!",!
+
60

!!"

𝜌!" 𝜂!",! 𝑉!",!
!!!

𝑁!",!
60

where j!" , j!" is the number of MT and IT compressors respectively and ρ, η, V are density at the
inlet of the compressor, compressor efficiency, compressor displacement volume and are assumed
to be constant since the pressure before each compressor unit is controlled. The energy flow
leaving the gas cooler point (i.e. mgchgc) is described using the energy flow entering the receiver (  
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𝑚!" ℎ! = 𝑚!" ℎ!" + 𝑚!" ℎ!" + 𝑄!" ). The primary mass flow rate through the ejector (mgc), can be
estimated with the total energy equation (Lucas et al., 2012):
𝑚!" = 𝑚!" + 𝑚!"

  

   𝑚!" = 𝜌!" 𝐴!" 2(ℎ!" − ℎ! ) + 𝜌!" 𝐴! 2(ℎ! − ℎ!" )  

where A !" is determined by the ejector’s opening degree (OD!" ). The specific enthalpy at the gas
cooler (h!" ), after the compressor (h! ) and in the receiver (h! ) can be described using the
temperature and pressure measurements at the respective points. The enthalpy at the secondary
inlet of the ejector (h!" ) is calculated utilizing the pressure and assuming saturated gas, since the
superheat is controlled (temperature ≈ constant) the assumption is reasonable. With the above
information and through a linearization (not shown due to its size) the temperature (T!" ) and
pressure (P!" ) at the gas cooler can be estimated as a function of several variables as shown
below:
𝑇!"
= 𝑓 𝑁!" , 𝑁!" , 𝑇! , 𝑃! , OD!" , 𝑄!" , 𝑇! , 𝑃! , 𝑃!" , 𝑄!" , OD!" + 𝐶!"   
Eq. (8)
𝑃!"
where C is a constant and N!" , N!"   are vectors containing the individual compressor speed. Note
that the dynamics are removed from the linearization as they are determined through the
parameter n in the system identification.
4.2.

Receiver

The selection of inputs to model the receiver pressure is based on the same procedure as of the
gas cooler. The energy balance is described by:
𝑑  𝑀! ℎ!
= 𝑚!" ℎ! − 𝑚!" ℎ! − 𝑚!"#$ ℎ!   
𝑑𝑡
where the energy flow to the evaporators (m!"#$ h! ) is assumed negligible as required
measurements are not guaranteed to be available on commarginal refrigeration systems. The
energy flow to the IT compressors can then be estimated with m!" h! = m! h! − m!" h!" . The
receiver pressure can then be estimated as:
Eq. (9)

𝑃! = 𝑓 𝑁!" , 𝑁!" , 𝑇! , 𝑃! , 𝑇! , 𝑃!" , 𝑄!" , OD!" , 𝑇!" , 𝑃!" + 𝐶!   

The three outputs in the MIMO system are thus estimated by utilizing subspace identification with
the inputs and outputs described in Eq. (8) and Eq. (9).

5. EXPERIMENTAL VERIFICATION OF THE DATA-DRIVEN MODEL
The experimental data are derived from the test setup located at NTNU, Trondheim with the
configurations mentioned in section 2 (Figure 1). The data are obtained with controllers active,
where the references for the controllers are selected as shown in Table 1.
Table 1: The reference values for the controllers in R744 refrigeration systems

R !!"
67 bar

R !!"
23 C

R !!
41 bar

R !!"
28 bar

R !!"
14.5 bar

R !"!" , R !"!"
8K

The gas cooler pressure reference is also adjusted by a secondary controller (not shown) for
energy efficiency reasons. The load for the system is varied as shown in Figure 3. The algorithm
described in section 3 is implemented in Matlab ® ’s system Identification toolbox, where (through
turning) a third order model and MOESP weights are used. The first 400 minues of the data are
utilized for training a MIMO model. The resulting output of the identified model is shown in Figure
4. The measured and the model output in the two plots of the pressure can be hard to distinguish
from each other even when the system changes to transcritical operation point. Furthermore, the
deviation in temperature becomes visible during the transient periods. A zoom-in on the three plots
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Figure 3: Shows the variation in load for MT, AC and LT with a blue, red and yellow line,
respectively

is shown in Figure 5, where the fit of the two pressures and the (wourst case deviation in)
temperature are illustrated. The temperature also shows a small off-set when the system changes
to a transcritical operation points. The reason for the good fit of the gas cooler pressure is due to

Figure 4: Validation of model outputs with the experimental data. The blue line in the three plots are
the outputs from the identified third order MIMO model and the black line are the measurements for
the experimental data. Left plot shows the pressure in the receiver (𝑷𝒓 ), the middle plot shows the
gas cooler pressure (𝑷𝒈𝒄 ) and the right plot shows the gas cooler temperature (𝑻𝒈𝒄 )

the strong correlation of the pressure at the discharge of the IT and MT compressors which is an
input to the data-driven model. The good fit for receiver pressure is caursed by the temperature
measurement in receiver, as the state of the refrigerant in the receiver is in the mixed phase.
Hence the temperature and pressure in the reciever are directly correlated with one another. The
gas cooler temperature does not yield as good a fit as it is not directly correlated with the available
measurements and is additionally subject to the non-linearties of the refrigerant, ejector, densities,
etc. Despite these challenges, the temperature fit is satisfactory even when the system changes to
a transcritical operation point.

Figure 5: Zoom-in of Figure 4, where the fit of the pressures and the temperature is apparent
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6. CONCLUSIONS
In this paper a third order data-driven MIMO model based on subspace identification is obtained
where the selection of the inputs is conducted through utilization of the energy balance. The
purpose of the data-driven model is to capture the dynamics of the control variables, i.e.
temperature and pressure after the gas cooler and the pressure in the receiver. The resulting datadriven MIMO model shows a good fit for the two pressures even when exposed to substantial
disturbances, which are caused by (among others) change in the operating conditions; from
subcritical to transcritical. The precision of the data-driven model is achieved by exploiting the
correlation between the inputs and outputs. The GC temperature is subject to many non-linearities,
but still yields a satisfactory fit. This paper shows the application of data-driven modelling on an
industrial refrigeration system and provides a sufficient estimation for essential control variables by
utilizing the available measurements. The application of such a model is control-oriented problems
as fault diagnosis, fault tolerant control and system optimization in regard to energy as well as
controller performance.
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NOMENCLATURE
M
V
P
T
h
𝜌
𝜂
𝑚
𝜔
𝑄

mass (kg)
volume (m! )
pressure (kPa)
temperature (K)
specific enthalpy (j×kg !! )
density (kg×m!! )
Volumetric efficiency (-)
mass flow rate (kg×s !! )
rotational speed (rad×min!! )
energy transfer (j×s !! )

SUBSCRIPTS
gc
gas cooler
c
compressor
3W
three-way valve
mt
medium temperature
it
intermediate temperature
ac
air condition
r
receiver
evap evaporator
ej
ejector
SH
superheat
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ABSTRACT
In this paper we present a comparison of the energy consumption of common industrial size
systems, including the appropriate variations in system design, ambient conditions and life cycle
costs.
The systems selected for comparison is:
1. Transcritical R744, DX
2. Transcritical R744, pumped
3. Two-stage R717, pumped
4. R744/R717 cascade, pumped
5. Two-stage R507, pumped
All systems have been investigated in 4 different sizes, in both a ‘standard’ and an optimized
execution. Optimizations include parallel compression, hybrid coolers, ejectors and economizers
where applicable. Calculations are performed for various climate conditions, ranging from cold to
hot climates.
As the comparison results are depending on the inputs to the simulation software, the paper
provides an overview of the impact of the choices made in the simulation software on the overall
results. Finally, a total cost of ownership calculation, based on the supplier installation prices and
the calculated power consumption, has been performed.
Keywords: Refrigeration, Carbon Dioxide, Ammonia, COP, Energy Efficiency.

1. INTRODUCTION
Much has been stated with regards to the differences between the types of refrigeration systems
available today. The intention of this paper is to provide some key figures for this discussion, based
on calculations of selected systems. While it is important to compare operating data from actual
systems in operation, these data can easily be corrupted by several reasons that can make the
conclusion less transparent or even faulty. The factors that might corrupt the comparison can be
differences in operation, split between LT and MT loads, ambient conditions and not least how the
system has been designed, constructed and maintained. The present paper aims to use as much
factual data as possible, including real compressor efficiencies, real ambient data, complex
condenser/gas cooler models and control strategies in simulation software (Pack Calculation Pro
ver 4.20, by IPU) to compare system types in the same situations and under the same restrictions,
while being fair to all types with regards to benefits and penalties of these.
Since the authors do not work for a contractor we were dependent on those to get information on
installation prices and operating costs. Unfortunately, these data did not materialize and thus the
economic comparison is reduced some generalized considerations.

2. CALCULATION PARAMETERS
Without a doubt the choices made with regards to calculation parameters can be discussed, but
every effort was made to select ‘fair’ values. In any case, the values will be stated here with the
reasoning and in some cases, calculations will be made to investigate the impact of changes.
5 different types of systems will be investigated:
•
Transcritical R744, DX operation (R744 TC DX in tables)
•
Transcritical R744, flooded operation (R744 TC FL in tables)
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•
•
•

Two-stage R717, flooded operation (R717 2ST in tables)
R744/R717 cascade, flooded operation (R744/R717 in tables)
Two-stage R507, flooded operation (R507 2ST in tables)

All systems are calculated in both a ‘standard’ configuration and an ‘optimized’ configuration. For
the transcritical systems, a ‘standard’ system is a simple booster unit as this was the system
quoted by the supplier, while the optimized systems involve hybrid (adiabatic) gas coolers, parallel
compression (DX only) and gas ejectors. The remaining systems differ from standard to optimized
only in the use of economizers and a reduced temperature difference in the cascade cooler. Some
might think that ‘optimizing’ would entail smaller temperature differences in air coolers and
condensers/gas coolers. However, as this optimization can be done equally for all system types
with a minimal change in the relative result, it has been decided not to do this but rather size heat
exchangers by using consistent rules.
Compressors for the transcritical systems were selected by a supplier, while the compressors for
the remaining systems were selected by the authors. The R744 compressor performance
correlations were supplied with the simulation software, although it originated from a supplier’s
software. The compressor performance data for the R717, R507 and R744 compressors in the
cascade were extracted from supplier calculation programs and inserted into the simulation
software.
Ambient conditions for the calculation have been chosen to represent a spread from relatively cold
regions to relatively warm regions. The locations have been chosen to be Oslo, Norway, Frankfurt,
Germany and Rome, Italy.
Table 1. Mean ambient temperatures for chosen locations

Rome
Frankfurt
Oslo

Dry bulb temperature
Min
Max
- 4.0°C
31.8°C
- 8.9°C
33.6°C
- 17.0°C
28.2°C

average
15.8°C
10.1°C
6.7°C

Wet bulb temperature
Min
Max
- 6.0°C
25.8°C
- 9.3°C
22.4°C
- 17.2°C
20.5°C

Average
13.4°C
7.7°C
4.4°C

The common basis of all systems is that the duty to be delivered is the same. The duty has been
split into a low temperature (LT) and a medium temperature (MT) load, defined as cooling loads to
be delivered to air temperatures of -2°C and -25°C respectively. The MT cooling load is 3 times the
LT cooling load in the bulk of the calculations, however the calculations of the reverse split, e.g. LT
cooling load = 3 MT cooling loads, has been performed on a few of the cases to provide
information on the significance of the LT/MT split. Although the simulation software enables
variable cooling load simulations, the cooling load has generally been set to constant from the
viewpoint that any functionality dependent on time and/or ambient temperatures will clutter the
inherent behaviour of the refrigeration systems. Generally, two different mechanisms would be
used to generate a variable load profile – ambient temperature changes and production cycles.
Most production cycles would entail full production during the day and a reduced activity during the
night. Thus, for both the ambient temperature driven and the production cycle driven load profile,
the capacity is reduced during the colder part of the day/year. Keeping the capacity constant will
have the refrigeration systems running relatively more during the colder periods which favours the
transcritical R744 systems since the efficiency loss at high temperature is higher with the
transcritical systems than the other systems.
Initially the system types are calculated in 4 different sizes, with LT/MT cooling loads at 50/150kW,
150/450kW, 300/900kW and 900/2700kW.
With the room air temperatures fixed at -2°C and -25°C for MT and LT respectively, the
evaporating temperatures has been determined from the following assumptions:
•
Flooded evaporator temperature difference to air inlet: 8K
•
DX evaporator temperature difference to air inlet: 10K with 7K superheat
•
Suction line pressure loss for R717 and R507: 1K
•
Suction line pressure loss for R744: 0K
It can be noted that DX evaporators have a larger temperature difference to air inlet than flooded
evaporator. This is due to the need to create superheat. The superheat has been set to 7K which,
after discussions with the industry, has been decided is a good value for the lowest safe superheat.
The additional 2K temperature difference is a rather moderate penalty for running DX.
Condensers/gas coolers were sized according to the following rules:
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•

Evaporative condensers: Temperature difference to wet bulb temperature is 7K at
maximum design capacity and at maximum wet bulb temperature in the actual location.
•
Dry gas coolers: In transcritical operation 2K temperature outlet temperature difference
to dry bulb. In subcritical operation a temperature difference of 5K to dry bulb is used for
condensing at 25°C.
•
Hybrid gas coolers: Same temperature differences as for dry gas coolers, but a 75%
adiabatic temperature efficiency is used.
•
Cascade coolers are calculated with a temperature difference of 5K, while for the
optimized systems this has been reduced to 3K.
The gas coolers have been designed with a relatively low temperature difference in subcritical
operation since they are running at less than maximum load.
The compressors selected are commercially available types from major manufacturers. As
mentioned, some were already included in the simulation software, while others were defined by
the authors through output from the manufacturer’s software.
Load
50/150
150/450
300/900
900/2700

R744 TC DX
Recip/Recip
Recip/Recip
Recip/Recip
Recip/Recip

Table 2. Selected compressor types

R744 TC FL
Recip/Recip
Recip/Recip
Recip/Recip
Recip/Recip

R717 2ST
Recip/Recip
Recip/Recip
Screw/Screw
Screw/Screw

R744/R717
Recip/Recip
Recip/Recip
Recip/Screw
Recip/Screw

R507 2ST
Recip/Recip
Recip/Screw
Screw/Screw
Screw/Screw

Finally, heat recovery has been excluded from the calculations. The simulation program focuses on
controlling the system to deliver the desired cooling capacity and incorporating the heat recovery
would result in situations where the refrigeration cycle could be at a less than optimal situation to
allow for heat recovery for an overall better economy. However, as the constraints on the heat
recovery systems, with respect to temperatures and required capacity, vary significantly from one
host to another, then it would introduce a baffling number of variation that the authors felt would
rather clutter the result than provide clarity.

3. STANDARD SYSTEM CALCULATIONS
Initial calculations were on all systems sizes, all types in all locations naturally resulting in a
bewildering amount of numbers. The central figure is the amount of power used throughout a year,
in MWh, stated here because it is the core result (table 3) along with the associated COP’s (table
4)
First look at these COP reveal a few trends. For the transcritical systems the COP is basically
constant across the sizes, if the 50/150kW size is ignored. The authors believe this is an
unfortunate compressor type selection made by the supplier and thus regards the 3 larger sizes to
be representative. For the remaining systems there is a slight increasing trend in COP with system
size, although not a large increase. Because of this it is decided to focus only on the 300/900kW
system in the subsequent calculations both to reduce the workload and increase the clarity.
Another observation is that in all situations, the 2 stage R717 system offers the best COP, but a
few comments needs to be made to that result. The LT room temperature of -25°C results in
evaporating temperatures of -33°C in the R744/R717 cascade system. This is only on the fringe of
where a cascade system starts to become sensible compared to a two-stage R717 system. As the
evaporating temperature drops, for instance with more heavy-duty freezing applications, the
cascade eventually gains the lead in efficiency.
The R507 system is included mostly for reference, but it is not far off the two stage R717 and
cascade system in efficiency, although always slightly behind.
However, as the main focus is energy efficiency it makes more sense to look at a year average
COP, using the total delivered cooling effect from the individual system sizes:
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-

Load
(LT/MT in
kW)
50/150
150/450
300/900
900/2700

Table 3. Yearly power consumption

R744 TC DX
(MWh)

R744 TC FL
(MWh)

R717 2ST
(MWh)

R744/R717
(MWh)

R507 2ST
(MWh)

781
2079
4181
12608

705
1948
3926
11966

500
1503
2891
8542

535
1650
3150
9424

518
1595
3140
9400

Frankfurt

50/150
150/450
300/900
900/2700

613
1621
3265
9833

561
1494
3046
9301

448
1344
2575
7597

485
1490
2820
8397

459
1377
2723
8169

Oslo

50/150
150/450
300/900
900/2700

544
1432
2884
8691

507
1313
2674
8179

428
1284
2457
7243

463
1431
2699
8035

439
1302
2579
7242

Rome

COP

Table 4. Yearly COP

Load
50/150
150/450
300/900
900/2700

R744 TC DX
2,24
2,53
2,51
2,50

R744 TC FL
2,49
2,70
2,68
2,64

R717 2ST
3,50
3,50
3,64
3,69

R744/R717
3,28
3,18
3,34
3,35

R507 2ST
3,38
3,30
3,35
3,35

Frankfurt

50/150
150/450
300/900
900/2700

2,86
3,24
3,22
3,21

3,12
3,52
3,45
3,39

3,91
3,91
4,08
4,15

3,61
3,53
3,73
3,76

3,81
3,82
3,86
3,86

Oslo

50/150
150/450
300/900
900/2700

3,22
3,67
3,64
3,63

3,46
4,00
3,93
3,86

4,09
4,09
4,28
4,35

3,78
3,67
3,90
3,92

3,99
4,04
4,08
4,35

Rome

Looking at the 300/900kW systems, in colder climates, e.g. Oslo, the transcritical systems
approach the two stage R717 with the flooded version being some 9% higher in power
consumption and the DX version being 17% higher. In a hot climate, e.g. Rome, the transcritical
systems are 32% and 45% higher respectively. Relatively to the two stage R717 system, the power
consumption is:

Rome

Table 5. Power consumption relative to two-stage R717

R744 TC DX
145%

R744 TC FL
132%

R717 2ST
100%

R744/R717
109%
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Frankfurt
Oslo

127%
117%

118%
109%

100%
100%

110%
110%

106%
105%

Clearly the transcritical systems suffer with warmer climates, which is not surprising. Making the
comparison with Oslo as the reference, the systems response to ambient temperature becomes
apparent:
Table 6. Power consumption relative to Oslo

Rome
Frankfurt
Oslo

R744 TC DX
145%
113%
100%

R744 TC FL
147%
114%
100%

R717 2ST
118%
105%
100%

R744/R717
117%
105%
100%

R507 2ST
122%
106%
100%

As mentioned, the load profile was constant in these calculations. To shed some light on how the
load profile influence the result, a sample load profile was adopted in the simulation program. Load
profiles can have a variety of forms, but in this sample the cooling load was set to vary from the
capacity used above at maximum dry bulb temperature at the given location down to 35% of this at
a temperature that equaled the room temperature. The variation was linear with temperature. The
delivered cooling effect was constant across system types but varied with the location. Looking at
the relative power consumption compared to two stage R717, which was again the most efficient,
the result is:
Rome
Frankfurt
Oslo

Table 7. Power consumption relative to two-stage R717- varying load profile

R744 TC DX
150%
135%
126%

R744 TC FL
141%
126%
117%

R717 2ST
100%
100%
100%

R744/R717
108%
109%
109%

R507 2ST
109%
106%
105%

In general, the transcritical systems benefitted in the region of 5 to 10% from the constant load
profile, although as mentioned it will depend on the actual setup of the load profile. The individual
system types response to the climate, e.g. power consumption relative to Oslo data, was slightly
better than with all Rome data being 4 to 5% lower than with the constant load profile.
Finally, the split between LT and MT load was examined with the original constant load profile. The
recalculation of the 300/900kW system to 900/300kW gave the following power consumptions in
MWh:
Rome
Frankfurt
Oslo

Table 8. Yearly power consumption - reverse LT / MT split

R744 TC DX
5616
4610
4193

R744 TC FL
5242
4282
3878

R717 2ST
4182
3835
3705

R744/R717
4242
3886
3755

R507 2ST
4446
3989
3831

In relative terms, again with two stage R717 as the reference, although the cascade system came
close:
Rome
Frankfurt
Oslo

Table 9. Power consumption relative to two-stage R717 - reverse LT / MT split

R744 TC DX
134%
120%
113%

R744 TC FL
125%
112%
105%

R717 2ST
100%
100%
100%

R744/R717
101%
101%
101%

R507 2ST
106%
104%
105%

Although the transcritical system did a little better the picture is much the same. The gain for the
transcritical systems is due to the LT compressors having a larger part of the total consumption
and the better COP of the R744 compressors in LT operation is responsible for this shift.

4. OPTIMIZED CALCULATIONS
All calculations so far have been performed on ‘standard’ system, however several improvements
can be made. Especially the transcritical systems has seen significant and innovative
improvements in recent years. The changes from standard systems (only 300/900kW) are:
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•

Transcritical R744 DX systems: Added parallel compression, hybrid coolers and gas
ejectors.
•
Transcritical R744 flooded systems: Added hybrid coolers and gas ejectors.
•
Two stage R717 systems: Economizers added to screw compressors.
•
R744/R717 cascade systems: Economizers added to screw compressors, cascade
temperature difference reduced from 5K to 3K
•
Two stage R507 systems: Economizers added to screw compressors.
Parallel compression is a feature of the simulation software. Generally, the MT compressor types
were used. Hybrid coolers is also a feature of the simulation software. Generally, the hybrid coolers
were dimensioned as evaporative condensers, using an air temperature attained with 75%
efficiency of the adiabatic process. Gas ejectors is not a feature of the simulation software.
Discussions with the commercial refrigeration experts, the general rule of a 7% reduction of MT
compressor power when the gas cooler outlet was above 22°C was deducted. Implementing this
was done in Excel. The output of the calculation is an hour-by-hour tabulation of the operation of
the system, and the data rows where the gas cooler outlet was above 22°C had the MT
compressor power consumption reduced and a new yearly sum was created. Economizers are not
a feature of the simulation software. The compressors in question was calculated at the actual
running conditions and compared with and without open economizers. The resulting COP gain was
used to reduce the compressor power. Finally, the cascade temperature difference, which is a
parameter in the software, was changed. The resulting power consumption in MWh is as follows:
Rome
Frankfurt
Oslo

Table 10. Yearly power consumption. Optimized systems

R744 TC DX
3578
2818
2565

R744 TC FL
3675
2772
2482

R717 2ST
2778
2494
2384

R744/R717
2915
2578
2456

R507 2ST
2933
2582
2455

Again, in relative terms with two stage R717 as a reference
Rome
Frankfurt
Oslo

Table 11. Power consumption relative to two-stage R717. Optimized systems

R744 TC DX
129%
113%
108%

R744 TC FL
132%
111%
104%

R717 2ST
100%
100%
100%

R744/R717
105%
103%
103%

R507 2ST
106%
104%
103%

It can be observed that the transcritical systems gain more than the traditional systems, narrowing
the field. Also, since the flooded R744 transcritical system is not able to run parallel compression,
the DX version surpasses it in hot climates.
As a variation to this result, the transcritical systems were calculated without hybrid coolers, but all
other optimization employed. This was due to two considerations: First of all, the operating costs of
a hybrid cooler is much higher than a dry gas cooler, and second the lowering of condensing/gas
cooler outlet temperature reduced the time where the ejector was active. Since the economic
calculations fell through, the full benefit of not running with hybrid coolers is not directly apparent,
but the result is presented anyway. The calculated power relative to the R717 two stage system is
shown in the table and figure below:
Table 12. Power consumption relative to two-stage R717. Optimized systems - dry cooler

Rome
Frankfurt
Oslo

R744 TC DX
132%
120%
113%

R744 TC FL
136%
119%
110%

R717 2ST
100%
100%
100%
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Figure 1: Power consumption relative to two-stage R717. Optimized systems - dry cooler

Clearly a little of the gains are lost, but as mentioned this might be offset by significantly lower
operating cost of a dry gas cooler.

5. TOTAL COST OF OWNERSHIP
As mentioned the data regarding installation and operation of these systems failed to materialize,
which is unfortunate. However, a few general comments can be made to the pricing and operating
costs of these systems.
It is clear that the transcritical systems and the traditional systems come from two different
‘cultures.’ This is in no way meant to criticize any of these cultures nor having a bias towards any.
It is entirely possible that both sides could benefit from a critical look at what is being offered by
themselves and the ‘other side’ and compare that to what is expected by the costumers. A good
example of this is a conversation we had recently with a supplier of transcritical systems. They had
problems with dirt in the compressors and we inquired to suction filters where our experience base
dictate they be installed with ‘bags’ that were removed after commissioning. The reply was that if
they did that the bags would never be removed. This speaks volumes as to the extent of
supervision and service that is expected to be offered to these systems.
On the other hand, many of the features offered in industrial systems could be perceived as
overdoing the solution. For instance, a recent study shows that in many cases evaporative
condensers are more expensive to operate and maintain than the benefit they offer through lower
condensing pressure with resulting lower power consumption.
As the situation stands right now, the systems offered by the transcritical R744 segment have a
much lower installation price. From this starting point, it is most likely very difficult for the traditional
systems to overcome this difference within a time frame that is realistic. This is especially true in
the colder climates where the R744 transcritical systems approach the R717 two stage system in
efficiency, while in hotter climate the final balance is less clear without hard data on the actual
costs.
However, if the above considerations regarding the different cultures are taken into account, then
the installation costs would most likely approach each other, and the resulting total cost of
ownership could show a completely different picture.
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6. CONCLUSION
Throughout the efficiency calculations it is clear that no matter how much a transcritical R744
system is optimized, it cannot compete with a two stage R717 system, although it does come
relatively close in colder climates. Generally, a transcritical R744 system has a 5 to 10% higher
energy consumption in cold climates which increase to around 30% higher in (relatively) warm
climates. A location significantly warmer than Rome could easily have been found, but the trend is
clear.
The cascade system is generally 5% higher in energy consumption compared to the two stage
R717, however it must be considered that the investigated temperature range does not favour a
cascade. In systems with a lower evaporating temperature on the LT side, the cascade will
eventually gain ground as the R717 efficiency drops rapidly.
The two stage R507, included mostly for comparison purposes, is generally above the two stage
R717 in power consumption and in the best cases for the transcritical R744 it is basically on par.
The total cost of ownership calculation had to be abandoned due to the hoped-for data regarding
the installation and operational costs of the different systems did not materialize. Thus, the
conclusion on this question must be seen in the light of great uncertainties of actual prices as well
as extents of the features installed. The transcritical R744 systems offered today are less
expensive than the traditional systems and from that standpoint, it is estimated that, especially in
colder climates, that the traditional system will have difficulties in compensating for with their higher
efficiency. In hotter climates there is a substantial gap in power consumption that would most likely
make the two stage R717 a viable solution.
The recent decade has seen significant improvements in the transcritical system efficiency, which
is very impressive. At the same time the R717 camp has put a large focus on reduction of charge,
as this is one of the areas where R717 is troubled. So, the scene is constantly changing, and it is
hoped that this paper will provide some clarity on the current state of at least some aspects of this.
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ABSTRACT
Recently, air-to-refrigerant micro-channel heat exchangers have been applied to air-conditioners
for their high heat-transfer performance with low air-side pressure drop. Some papers have
presented the experimental data on microchannel flat tube applied to such heat exchangers.
Among these papers, however, uniform heat load is applied to the test tube unlike a real situation.
In the real use, heat load becomes un-uniform along air flow direction as air temperature changes
during heat exchange. In this paper, the effect of un-uniform heat load on heat transfer is
experimentally investigated. Measurements were carried out by heating microchannel flat tube
flowing R32 horizontally. Un-uniform heating is achieved by two each heating blocks with different
temperature attached to the test tube from top and bottom. It is found that un-uniform heat load
degrades heat transfer comparing to uniform load and it becomes clear that understanding detail
phenomena are necessary to predict heat exchanger accurately.
Keywords: Air Conditioner, Heat Exchanger, Heat Transfer, Microchannel, R32.

1. INTRODUCTION
Recently, air-to-refrigerant micro-channel heat exchangers have been applied to air-conditioners
for their high heat-transfer performance with low air-side pressure drop. As a refrigerant, R32 has
been often used for its low Global Warming Potential (GWP) and its good cycle performance.
Some papers have presented the experimental data on microchannel flat tubes applied to such
heat exchangers. Li et al. (Li et al., 2012) have measured flow boiling heat transfer of HFO1234yf
and R32 in a horizontal smooth round tube of 2 mm diameter and concluded that R32 refrigerant
has a better performance due to its higher latent heat and thermal conductivity. Cavallini et al.
(Cavallini et al., 2009) presented that R32 has lower pressure drop than R134a which agrees with
the literature reported by Hossain et al. (Hossain et al., 2013). Li et al. (Li et al., 2010) proposed a
new correlation with the combined non-dimensional number (BoRel0.36) by considering surface
tension, body force and viscosity, and they obtained good agreement with existing data. Shah
(Shah, 2017) verified the correlation with wide range of data for horizontal channels.
However, in the real use as air-to-refrigerant heat exchangers, heat load becomes un-uniform along
the air flow direction as air temperature changes during heat exchange. Among these papers, the
effect of un-uniformity of heat load on heat transfer is not mentioned. In this paper, the effect of ununiform heat load on heat transfer is experimentally investigated. Measurements were carried out
by heating microchannel flat tube flowing R32 horizontally. Un-uniform heating is achieved by
separating with four heating blocks attached to the test tube from top and bottom and setting
different temperature in the width direction.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2416

2. FACILITY AND DATA REDUCTION
2.1.

Facility

2.1.1.

Experiment facility

Figure 1: Schematic of the experiment facility

The experiment facility consists of a refrigerant loop (solid line) and two water loops (dotted line) as
shown in Fig. 1. In the refrigerant loop, refrigerant is circulated by a pump and the flow rate is
measured with a corliolis flow meter. Four test sections are horizontally set in series to investigate
the local heat transfer coefficient and pressure drop simultaneously. The flow pattern is observed
by two sight glasses located at inlet and outlet of test section. In order to remove uncertainty of
quality distribution of two-phase flow into each channel of the flat tube at the inlet of the test section,
a liquid-single phase state is set at the inlet. Then the inlet condition into the test section is
adjusted by a preheater. After leaving four series of test sections, refrigerant is cooled down by a
chiller and return to the pump. Heat sources to the preheater and the each test section are
provided by water loops.

Figure 2: Uniform heat load test section

Figure 3: Un-uniform heat load test section
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Fig. 2 shows details of the uniform heat load test section. Test section is designed into T shape to
suppress temperature distribution in tube width direction. A flat tube, 400 mm in length, is
sandwiched between two aluminium blocks of 303 mm in length. Water is provided from Ain and Bin
and flows out to Aout and Bout illustrated in Fig. 2. Water flow of top and bottom side of the flat tube
can be controlled to a desired condition by a heater and two control valves. Un-uniform heat load is
applied to the flat tube by using a total of 4 blocks divided on the top and the bottom of the flat tube
respectively as shown in Fig. 3. Each block is design into L shape. The width of higher heat load
block is 17 mm and lower heat load block is 8 mm. Tube end is set by lower heat load side as
shown in Fig. 3 to create gradual trend of un-uniform heat load. The ratio of high/low heat transfer
surface is 4/5. Water for higher heat load is provided from A in and Bin and outflows to Aout and Bout,
while, for lower heat load is provided from C in and Din and flows out to Cout and D out. Water
temperature flows through higher and lower heat blocks can be controlled separately by two
heaters. Water flowrate can be controlled separately by four control valves set for each block.

Figure 4: Locations of thermocouples

Between the block and the flat tube, in order to reduce the thermal resistance, it is in close contact
with thermal grease. Heat flux is adjusted by a given inlet water temperature and water mass flow
rate. The temperature difference between inlet water temperature and outlet temperature is set
within 2 °C in order to keep the temperature to be as close as constant of the block near the tube
in the flow direction. Twelve T-type thermocouples of 1 mm diameter, two located in width direction
and three in flow direction, are inserted into blocks 1.5 mm close to the tube of each test section to
measure the wall temperature. The properties of refrigerant are calculated by REFPROP Version
10.0.
2.1.2.

Tube dimension

Figure 5: Tube configuration

Tube configuration is shown in Fig. 5 and the detailed dimensions are listed in Table 1. The
effective heat transfer length of each test section is 303 mm.
Table 1. Tube dimension

2.2.

Tube width (mm)
Tube height (mm)
Number of channels

14.2
2.0
9

Cross-sectional area (mm2)
Hydraulic diameter (mm)

14.03
1.26

Wetted perimeter length (mm)
Tube length (mm)

43.87
400.0

Data Reduction

2.2.1. Analysis process
Local heat transfer coefficient href is calculated from Eq. (1) ~ Eq. (3)

href =

qi
Twall − Te
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q =

Qw

i

Ai

Eq. (2)

Qw =  ( (Twin, i −Twout , i)mw, iCpw, i )

Eq. (3)

i

,where qi is heat flux calculated from inner surface area in kW∙m -2 Twall is average local wall
temperature and Te is saturated temperature determined by the local pressure in℃. Ai is the inner
heat transfer area (the product of 9 channels’ perimeters and effective heat transfer length) in
m2.Qw is heat load in kW calculated by water side, in which Twin and Twout are inlet and outlet
water temperature
in℃, mw is water mass flow rate in kg/sec, Cpw is water specific heat capacity in
kJ·kg- 1K-1. In this experiment, the ratio of heat capacities calculated from the water side and
refrigerant
side are over 98%.
Twall is corrected to local wall temperature considered conductivity and contact resistance defined
as follows:
 d1 + d 3 d 2 
Twall = Tave − qo
+
Eq. (4)





 Al

gr 


,where Tave is the average temperature of total twelve inserted thermocouples in ℃, d1 is the
distance from thermocouples to the edge in m, d2 is the thickness of thermal grease in m, which is
determined by an applicator with fixed thickness of 25 m. d3 is the top and bottom wall thickness
of flat tube in m. λAL and λgr are -1thermal
conductivities of aluminium and thermal grease. In this
study, reported values 273 W∙m K-1 and 6.4 W∙m -1K-1 are used, respectively. qo is the heat flux
passing through the top and bottom surface of the flat tube.
2.2.2. Uncertainty propagation
The overall uncertainties of measuring instruments are listed in Table 2.
Table 2. Uncertainties of measuring instruments

0.06 ℃
0.06 ℃
0.167 kg∙s-1

e(Twin)
e(Twout)
e(mw)
e(Twall)

0.08 ℃

Variables for deriving relative error are expanded as Eqs. (5) ~ (9).

href

Twin
href
Twout
href
mw

=

mwCpw

Ai (Twall − Te)

=−

=

Eq. (5)

mwCpw
Ai (Twall − Te)

Eq. (6)

(Twin − Twout )Cpw
Ai (Twall − Te)

href =− (Twin − Twout )mwCpw
Twall
Ai(Twall − Te)2
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e(href ) =

 h

 h

 T

 T

2

+

 h

2

 G

e m +

 h

eT

 T

Eq. (9)

Relative error of heat transfer coefficient er(href) is written as a percentage by Eq. (10).
e(href )
100%
er(href ) =
href

Eq. (10)

In this experiment, uncertainties of heat transfer coefficient are mainly resulting from the
measurement uncertainties of the wall surface temperature. Therefore, in the case of the low heat
flux condition, the temperature difference between the tube wall and the refrigerant becomes small,
and the relative error of the heat transfer coefficient becomes larger that is about 16.8% at the
maximum.

3. RESULTS AND DISCUSSION
Evaporative Heat Transfer Coefficient
8.0

8.0

7.0

7.0

6.0

6.0

href (kW∙m-2 K-1 )

href (kW∙m-2K-1)

3.1.

5.0
4.0
3.0

G=100 kg∙m-2s-1

2.0

q=8 kW∙m⁻²

1.0

q=4 kW∙m⁻²

0.0

0.0

0.2

5.0
4.0
3.0

G=50 kg∙m-2s-1

2.0

q=4 kW∙m⁻²
q=2 kW∙m⁻²

1.0
0.4

0.6

0.8

0.0

1.0

x (-)

(a) G=100 kg∙m-2s-1 at qi =4,8 kW∙m-2

0.0

0.2

0.4

x (-)

0.6

0.8

1.0

(b) G=50 kg∙m-2s-1 at qi =2,4 kW∙m-2

8.0
7.0

href (kW∙m-2K-1)

6.0
5.0
4.0
3.0

G=25 kg∙m-2s-1

2.0

q=2 kW∙m⁻²

1.0

q=1 kW∙m⁻²

0.0

0.0

0.2

0.4

0.6

0.8

1.0

(c) G=25 kg∙m-2s-1 at qi=1,2 kW∙m-2
Figure 6: Effect of heat transfer coefficient on quality at uniform heat load

Figs. 6a, 6b and 6c show experimental results of heat transfer coefficient under uniform heat load
plotted against quality x while the mass flux G varies from 25 to 100 kg∙m -2s-1 and the heat flux qi
varies from 1 to 8 kW∙m -2. In each of Fig. 6, heat transfer coefficient is almost constant in low
quality region and decreases at high quality region. The decrease in high quality region is thought
to be dry out occurs. In low quality region, as the heat transfer coefficient is independent of mass
flux and quality, it seems that the flow is dominated by nucleate boiling rather than forced
convection boiling.
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However, comparing the results of high and low heat flux, heat transfer coefficient is less sensitive
and even worse in high heat flux specifically at 100 kg∙m -2s-1 in Fig. 6a. It is assumed that higher
heat flux is also as a negative function in horizontal rectangular microchannel flat tube because, in
such tubes, the flow tends to be slug flow and liquid film attaching to the top surface is prone to dry
out, resulting in heat transfer deterioration.
8.0
7.0

href (kW∙m-2K-1)

6.0
5.0

4.0

First Test

3.0

G=100 kg∙m -2s-1

2.0

q=3.5/4.5 kW∙m⁻²

1.0
0.0

Second Test

q=4 kW∙m⁻²
q=1.1/7.3 kW∙m⁻²
0.0

0.2

0.4

0.6

0.8

1.0

x (-)

Figure 7: Heat transfer coefficient at uniform and un-uniform heat load

Fig. 7 shows experimental results of heat transfer coefficient at uniform and un-uniform head load
plotted against quality x while the mass flux is at 100 kg∙m -2s-1 and the total average heat flux is 4
kW∙m -2. The equations used for obtaining the heat transfer coefficient is the same with those of
uniform conditions, but applied to low and high heat flux individually; average 6 thermocouples for
wall temperature and low/high side heat flux by separated aluminium blocks. Average of obtained
data from low and high side heat flux is used here. The ratio of low/high heat flux varies from 0.15
to 0.78.
From Fig. 7, the heat transfer coefficient of uniform heat load is higher than un-uniform heat load
through the whole quality. The difference is larger as increasing quality. The reason is that the
quality of each channel of a flat tube for uniform heat load can be equally distributed while that for
un-uniform heat load becomes uneven due to the difference of heat flux supplied each channel.
Refrigerant flow in channel receiving high heat flux is encouraged to be vapour causing higher
pressure drop. As this proceeds, flowrate of that channel becomes lower and that is further
encouraged to be vapour causing much higher pressure drop. This flow mal-distribution results in
occurring dryout in lower quality comparing to that in uniform heat load. Therefore, deterioration of
heat transfer is observed.
Seeing the results of un-uniform heat load, within a series of experiment, the heat transfer
coefficient decreases when the ratio of low/high heat flux increases as increasing quality. It is
considered that the degree of flow mal-distribution resulting from un-uniform heat load becomes
larger since the experiment is taken from low to high quality and un-uniform heat load at each
measuring section promotes further mal-distribution for following test section.
There is a difference in heat transfer coefficient between the test series: the first test (quality 0.1 to
0.5) and the second test (quality 0.5 to 0.9) at the quality of 0.5. This difference occurs due to
experimental procedure; the result at the first test was measured at the last of the test section,
whereas one at the second test was measured at the first of the test section. Therefore the
condition of refrigerant inlet to the flat tube is different. For the first test, at quality 0.5, the
refrigerant has already been uneven due to the un-uniform heat load of the preceding test section,
whereas the refrigerant enters equally to the test section for the second test.
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3.2.

Pressure Drop
2.0

G=100 kg∙m⁻²s⁻¹ at uniform heat load 8 kW∙m⁻²
G=100 kg∙m⁻²s⁻¹ at uniform heat load 4 kW∙m⁻²
G=100 kg∙m⁻²s⁻¹ at un-uniform heat load
G=50 kg∙m⁻²s⁻¹ at uniform heat load
G=25 kg∙m⁻²s⁻¹ at uniform heat load
Homogeneous Eq.

Pressure drop of tube lenth = 400 mm (kPa)
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1.2
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0.4
0.2
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Figure 8: Effect of pressure drop on quality

Fig. 8 shows experimental results of pressure drop plotted against quality while the mass flux
varies from 25 kg∙m -2s-1 to 100 kg∙m -2s-1 both at uniform and un-uniform heat load. From the Figure,
at 100 kg∙m -2s-1, there is slightly higher pressure drop for higher heat flux; however, compare to the
effect by mass flux pressure drop is less sensitive to heat flux and uniformity of heat load. Lines in
Fig. 8 illustrate the calculation results of homogeneous equation. Discontinuity of lines between low
and high quality is transition between laminar and turbulent flow which is set Re= 2300. These
lines give relatively good agreement with experimental results.

4. CONCLUSIONS
(1) In this experiment, the characteristics of heat transfer coefficient are measured at uniform and
un-uniform heat load. Under the heat flux from 1 to 8 kW∙m -2 and the mass flux from 25 to 100
kW∙m -2, it is clear that nucleate boiling in channels is more dominant than forced convection
boiling for low quality region. It is considered that dry out at high quality region results in
deterioration of heat transfer coefficient.
(2) The characteristics of heat transfer coefficient at uniform and un-uniform heat load conditions
are compared when mass flux is 100 kg∙m -2s-1. It is found that the heat transfer coefficient of
un-uniform heat load is lower than uniform heat load. It is considered that dryout due to flow
mal-distribution within the channel promotes deterioration of heat transfer under un-uniform
heat load condition. The degree of un-uniformity of heat flux further decreases heat transfer
coefficient as increasing quality.
(3) Pressure drop is less sensitive to heat flux. Homogeneous equation shows good agreement
with the results obtained.
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NOMENCLATURE
A
Bo
Cp
D
d
dP
F
G
h
m
Q
T
Te
Re
x

Area (m 2)
Boiling number (-)
Specific heat capacity (J·K⁻¹)
Diameter (m)
Distance (m)
Differential pressure (kPa)
Flow meter (kg∙s-1)
Mass flux (kg∙m -2K-1)
Heat transfer coefficient (kW∙m -2K1)
Mass flow rate (kg∙s-1)
Heat load (kW)
Temperature (℃)
Evaporation temperature(℃)
Reynolds number(-)
Vapor quality (-)

Greek leters
e
Uncertainty (-)
er
Relative error (-)
Subscripts
ave
Average
Al
Aluminium
gr
Grease
l
Liquid
i
Inner
o
Outer
ref
Refrigerant
w
Water
wall
Wall
win
Water inlet
wout
Water outlet
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ABSTRACT
The use of cold for conservation of food products requires large consumption of electricity. In order
to obtain lower temperatures than those available in the same space, the evaporator coils,
generally operate at temperatures lower than the freezing point of the water. The ice formed on the
surface is detrimental both to the thermal and the energetic level of the refrigeration system. Thus,
ice removal is critical to reestablish the desired operating conditions.
This paper presents a refrigeration apparatus setup composed by two heat exchangers connected
in parallel. The coolant fluid circulation is deactivated during short periods of operation, and the ice
formation on the coil surface is analyzed. The results show that this strategic deactivation of
coolant fluid circulation proved to be a viable operating condition since allowed an extension of the
refrigeration system operation with a stable cooling power and so better thermal efficiency.
Keywords: Ice Formation, Experimental Test, Refrigeration Systems, Ice Mitigation.

1. INTRODUCTION
The improvement of the energy efficiency in the refrigeration equipment is the main motivation for
the accomplishment of this work. Cooling systems for comfort or food preservation are increasingly
used today. With the massive use of cooling systems, it is increasingly urgent and necessary to
study its most important element, the heat exchanger, since it is responsible for cooling the flowing
fluid, because its surface with fins is revealed as the most effective way to transfer heat through
convection (Amini et al., 2014). The wet air upon contact with the fins begins a process of
deposition of droplets which, after a while, eventually solidify and form ice. The cooling process is
becoming less efficient as time progresses, as the air passage becomes partially blocked (Seker et
al., 2004).
Although there is a growing number of studies in this area, ice formation continues to be a problem
that makes the use of these types of systems inefficient, since too many periods are devoted to
defrosting, which causes the considerably oscillations in temperature of the space to be cooled.
Thus, a greater need for energy consumption will occur to maintain the desired temperature value.
A non-stationary complex mechanism is defined during the process of ice formation on the outer
surface of the heat exchanger coils, involving spatial and temporal variations of heat and mass
transfer rates (Jiang et al., 2013). The formation of ice and the increase in size of the crystals lead
to a loss of performance of the cooling system, since the joining of the ice crystals will have an
insulating effect blocking the passage of air in the exchanger (Liu et al., 2005).
According to Al-Essa and Al-Zgoul (2012), in the food storage sector, deposition of ice occurs in
the coils, since the coils operate at temperatures below 0ºC. In heat exchangers consisting of
serpentines with fins, the ice deposited in the space between the fins block the passage of air. The
deposition process will decrease the energy absorbed by the refrigerant which, according to Yang
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(2010), will result in a decrease in cooling capacity between 30% and 57%. It is therefore relevant
to find solutions that mitigate the formation of ice in heat exchangers. In this paper the effect of
deactivating the operation of an evaporator at key moments during its operation in order to mitigate
the formation of ice on its surface is studied.

2. MATERIAL AND METHODS
2.1 Experimental
The experimental prototype is shown in Fig. 1 and include a heat exchanger bank that consists in
two finned-tube compact heat exchangers used in previous work (Carrilho et al., 2017), each one
with dimensions 110×216.8×205 mm3, 16 tube (3/8 in) rows, 44 fins and heat exchange area of
572×103 mm2. During the tests the first heat exchanger (upstream) is always working and the
second one is momentary deactivated as soon as ice formation is visually detected in its surface.

Figure 1: Experimental prototype and diagram of equipment connections

Additionally Fig. 1 shows the experimental prototype assembly. A cooling chiller (MTA, EVO031) is
responsible for lowering the temperature of the water solution with glycol (60%-40%) to the desired
values, and this is achieved by circulating the fluid between the tank where it is stored and the
interior of the chiller. A submersible pump (Hydor, Seltz 40) was placed inside the tank to maintain
the circulation of the water-glycol solution inside the tubes of the exchangers. An air conditioning
unit (PA Hilton, A573) provides fresh air throughout the heat exchanger bank. Air temperature and
relative humidity were measured both at the inlet and outlet of the heat exchanger bank using a
digital hygrometer (Rotronic, HygroLog NT2). The temperatures on the heat exchanger surface as
well at fluid entrance and exit of heat exchangers were measured with T-type thermocouples and a
Temperature Datalogger (Pico, TC08). The airflow flow velocity was measured with a hot wire
anemometer (Testo, 425). The collection of images of ice formation on the surface of the
exchangers throughout the tests was performed with a video camera (GoPro, H5).
2.2 Mathematical Formulation
The evaluation of the heat exchanger cooling power is obtained throughout an energy balance to
the air side. The set of equations that allows this evaluation is present in the following (ASHRAE,
2011). The saturation pressure of the vapor was initially calculated by the formula,
ln(𝑝𝑤𝑠 ) =

𝐶8
𝑇

+ 𝐶9 + 𝐶10 𝑇 + 𝐶11 𝑇 2 + 𝐶12 𝑇 3 + 𝐶13 ln(𝑇)

Eq. (1)

Where C8=-5800.22, C9=1.391449, C10=-0.04864, C11=4.18E-05, C12=-1.4E-08 and C13=6.545967.
Using the above result and the air relative humidity (𝜙), the partial pressure of the water vapor is
given by Eq. (2).
𝑝

𝜙 = 𝑝 𝑤  𝑝𝑤 = 𝜙 × 𝑝𝑤𝑠
𝑤𝑠
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With the previous result and total pressure value (p) it is possible to calculate the absolute humidity
using Eq. (3):
𝑝

𝑤
𝜔 = 0.621945 𝑝−𝑝

Eq. (3)

ℎ = ℎ𝑑𝑎 + 𝜔ℎ𝑔

Eq. (4)

The enthalpy of moist air is evaluated from:

𝑤

Where the enthalpy of dry air (hda) is given by:

ℎ𝑑𝑎 ≅ 1.006T

Eq. (5)

ℎ𝑔 ≅ 2501 + 1.86 T

Eq. (6)

In this equation T is the dry bulb temperature, in Celsius. The enthalpy of water vapor (hg) is
evaluated from:

In this way, the final equation is obtained, and the enthalpy of the moist air is calculated by:

The cooling power, Q, is given by:

ℎ = 1.006T + 𝜔(2501 + 1.86T)

Eq. (7)

Eq. (8)

Q = 𝑚̇(ℎ1 − ℎ2 )

With the enthalpy of the moist air evaluated before (h1) and after (h2) the heat exchanger bank. The
air mass flow rate is given by:
1
𝑚̇ = 𝑉̇ ×

Eq. (9)

𝑣

And the volumetric air flow rate is evaluated from:

𝜋×𝑑
𝑉̇ = v ×

Eq. (10)

4

Where d represents the hydraulic diameter of the channel and v the air velocity. The specific
volume of the moist air is calculated from Eq. (11).
𝜈 = 0.287042(T + 273.15)

(1+1607858𝜔)
𝑝

Eq. (11)

3. RESULTS AND DISCUSSION
A preliminary reference test was carried out using the experimental setup. In this reference test
both heat exchangers were working, meaning that both heat exchangers were feed, in parallel, by
the water-glycol solution. Table 1 shows the parameters for the reference test. This reference test
was performed to compare the behavior of the heat exchangers bank for two different operating
conditions in which the first (upstream) heat exchanger is always operating but the second one
suffers two different interruption cycles. The results are analyzed separately in the following
sections.
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Table 1. Reference test parameters

Test
Reference

HR (%)
38.2%

Tamb (ºC)
25.9

Patm (hPa)
1014.1

Duration (min)
115

3.1 Performance Analysis for the First Operating Condition
In this first operating condition the second heat exchanger suffers an interruption of 3 minute every
15 minutes of operation. Additionally, two different air relative humidity values at inlet of the heat
exchanger bank were used. Table 2 summarizes the parameters for this operating condition.
Table 2. Parameters for the test cycle 15-3

Test
B1
B2

HR (%)
30
50

Tamb (ºC)
23.8
23.3

Patm (hPa)
1013.3
1013.7

Duration (min)
125
134

B1 and B2 test results for the air temperature at the heat exchanger bank outlet and the
corresponding cooling power are shown in Fig. 2 together with reference test results. After the first
interruption, it is possible to observe the stability of the system to the temperature recorded during
the 15 minutes of activity period. As for the temperatures recorded during the 3-minute pause, it is
observed that the higher the RH value of the test, the higher the temperature recorded in the area
after the cooling section. There is a slight difference in the maximum temperature values recorded
in the 3-minute pause. In the reference test the temperature decreases during the first 50 minutes,
when the accumulated ice begins to disturb the air flow. From that moment the temperature
increases until reaching values similar as those obtained during the interruption of the circulation of
the fluid in tests B1 and B2. That means that the defrost method used ensures lower temperatures
over time.

Figure 2: Air temperature outlet (left) and cooling power (right) of B1 and B2 tests

In Fig. 3 (left) and Fig. 4 (left), we can observe that there is a significant accumulation of ice at the
final of the operation time, before the interruption.
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Figure 3: Ice accumulated in the exchanger at 105 min (left) / Ice accumulated after pause at 108
min (right) for test B1

Figure 4: Ice accumulated in the exchanger at 112 min (left) / Ice accumulated after pause at 115
min (right) for test B2

However, after the interruption all the accumulated ice has been melted, Fig. 3 (right) and Fig. 4
(right), and the heat exchanger is again available for cooling as shown by the corresponding
cooling power curve in Fig. 2 (right). In addition to the greater stability that can be verified, it is also
verified that the system can keep the temperatures lower for longer, maintaining similar cooling
power levels (see Fig. 2, right). This is due to the fact that the interruption time is enough to melt
the formed ice and ensure good air flow conditions during the operation time of the refrigeration
system.
3.2 Performance Analysis for the Second Operating Condition
Table 3 shows the parameters for the second operating condition. The second operating condition
had as objective to verify how the increase of the circulation time of the fluid in the exchanger,
maintaining the time of interruption, would affect the performance. So, the tests were performed for
30 minutes of operation of the second heat exchanger followed by 3 minute pause.

Test
B3

Table 3. Parameters for the test cycle 30-3

HR (%)
50

Tamb (ºC)
23.2

Patm (hPa)
1014.7

Duration (min)
113

Fig. 5 shows the air temperature and cooling power recorded during the test together with the
reference test values. As can be observed the recorded temperature reaches new minimums with
the passage of time. It is possible to state that there is a certain tendency in the system to maintain
the stability at the temperature which is recorded after the passage of air through the cooling zone.
The cooling power presents a behavior better than that obtained to the reference test, and tends to
maintain a quite similar value along the test.
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Figure 5: Air temperature outlet (left) and cooling power (right) of B3 test

In Fig. 6 it can be seen that the amount of ice formed is significant, but it is noteworthy that the time
of interruption of circulation of the water-glycol solution for the B7 test was not sufficient to melt all
the ice accumulated at 92 minutes. However the use of 30 minutes of operation of the exchanger
bank with a programmed pause of 3 minutes, becomes a good defrost solution. It guarantees a
longer period of operation avoiding changes of temperature and maintains the cooling power
values quite similar to those obtained in the beginning of the reference test, still in the absence of
the ice formation effect, in which the exchanger bank operates continuously without interruption.

Figure 6: Ice accumulated in the exchanger at 92 min, before interruption (left) and ice
accumulated at 95 min, after the interruption (right)

4. CONCLUSIONS
Refrigeration, in a domestic or industrial point of view, takes a very important role in society.
Nowadays, a big portion of the refrigeration processes are taken into account in the food and
drinks storage, and also in the cooling of closed spaces. The need to obtain lower temperatures
implies that evaporator component operate at lower temperatures than the water freezing point, a
fact which clearly favors the formation of ice on their surfaces. The ice formation is detrimental to
the system at thermal and energy levels, reason why its mitigation or removal is essential to
ensure the desired operating conditions. This paper proposes a strategy that consists in the
deactivation, for short periods, of the circulation of coolant on the heat exchangers during the
operation of the refrigeration system. The results of this experimental study showed that the
strategic deactivation of the coolant fluid circulation proved to be a viable operating option since it
allowed a prolongation of the effective operations of the refrigeration system. Additionally, the
refrigeration cooling power was also maintained in an adequate range during the operating time.
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ABSTRACT
A novel heat exchanger using parallel refrigerant mini-channels has recently been developed to
improve the performance of air conditioning systems. In the evaporator, due to unequal heat load
among the parallel channels, boiling flow tends to be unevenly distributed. Since this phenomenon
sometimes causes deterioration of heat exchange performance, it is important to clarify the
characteristics of boiling heat transfer under the unequally heated condition. In the present study, a
simulation model which predicts flow boiling heat transfer performance of a refrigerant heated
unequally among parallel mini-channels has been developed, and simulation for two-parallel
channels were carried out. Based on the calculation results, the effect of the inequality in wall
temperatures between the channels on the heat transfer rate to the refrigerant was discussed. The
channel mean heat transfer rate decreased with expanding the difference of wall temperatures
between the channels and the deterioration rate became significant at a high mass flow velocity.
Keywords: Simulation, Boiling Heat Transfer, Parallel Mini-Channels, Flow Maldistribution.

1. INTRODUCTION
Recently, a novel high-performance refrigerant-air heat exchanger employing multiport extruded
tubes which have parallel refrigerant mini-channels has been developed for air conditioning systems.
In case that the heat exchanger is used as the evaporator, since the flow direction of refrigerant in
the multiport tubes is perpendicular to that of heat source air, the heat transfer rate to the refrigerant
channels on upstream side of air flow are larger than those on downstream side. Such an inequality
in heat transfer rates, or evaporation rates, also causes inequalities in flow rate and heat transfer
coefficient among the refrigerant channels. Furthermore, this phenomenon often induces the
deterioration of boiling heat transfer of refrigerants. However, studies on this phenomenon are very
limited (Onishi, 2017).
The authors have been conducted experiments on flow maldistribution and boiling heat transfer of a
refrigerant heated unequally between two parallel mini-channels using a direct electrical heating,
that is, heat flux of each channel is uniform in the refrigerant flow direction (Kurose, 2018). In addition,
an unsteady simulation model which predicts flow boiling heat transfer performance in parallel
channels heated unequally among the channels has been developed (Kawasuso, 2017), however,
for the uniform heat flux in the flow direction. From these previous studies, it was found that the flow
rate in the higher heat transfer rate channel was generally lower than the channel average value,
and it led to expand the dryout region.
In the present study, the simulation code was improved to give a constant wall surface temperature
for each channel as a boundary condition, which is more similar to the heat transfer form of actual
evaporators. Then calculations of heat transfer performance in two parallel mini-channels heated
unequally by giving unequal wall temperatures were carried out, changing the channel mean mass
flow rate. Based on the calculation results, the effect of the unequal heat loads on the heat transfer
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rate to the refrigerant was discussed.

2. CALCULATION METHOD
Fig. 1 shows a schematic diagram of the simulation model used in this study. Parallel channels are
connected to a high pressure header and a low pressure header, and a fluid flows by differential
pressure between the headers. In the present study, calculation was conducted for two horizontal
circular parallel channels. The diameters of the channels were both 1.0 mm. Pressure in the low
pressure header was kept at a constant value, and that in the high pressure header was controlled
to keep the total inlet mass flow rate of the two channel constant at a target value. Entrance- and
Exit-side non-heating sections and heating section are set in the flow direction in each channel.
Assumptions used in this model are as follows:
1. the flow is homogeneous
2. the two phases are in thermodynamic equilibrium.
3. the effect of pressure drop on fluid physical properties is neglected
4. subcooled boiling is neglected.
5. viscos dissipation, kinetic energy, potential energy and friction loss are neglected in the energy
equation.
For these assumptions, the one dimensional conservation equations of mass and energy for an
infinitesimal control volume moving with the fluid in the flow direction can be written as Eqs. (1) and
(2), respectively
d
 V   0
dt

Eq. (1)

dh 4q

dt  D

Eq. (2)

where V is fluid volume in m3, h is specific enthalpy in J.kg-1, q is heat flux in W.m-2, D is the channel
diameter in m. ρ is fluid density in kg.m-3, as defined by Eq. (3) for two-phase.

1





x

G



1 x

Eq. (3)

L

where x is vapor quality, ρG and ρL are saturated vapor and liquid densities, respectively.
For discretization of Eqs. (1) and (2), the method of tracking a target fluid flowing in the flow direction,
that is, Laglangian method was used and time step was set at 10-3 s. Fig. 2 shows the simple
overview of the movement of control volumes. Mass preservation equation Eq. (1) shows that the
refrigerant mass in a control volume is conserved. In the non-heating section, as enthalpy does not

High pressure
header
Flow

Unheated
section
0.12

Heated
section
0.8

Unheated
section
0.12

Low pressure
header

Channel 1

Channel 2
ΔP

Figure 1: Schematic diagram of the simulation model

Figure 2: Simple overview of the control
volume movement
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change, density of the refrigerant in each control volume for the flow direction are constant, that is,
the control volume length does not change. Whereas, in the heating section, since the refrigerant is
heated and its enthalpy increases, if the refrigerant in two-phase region, density decreases and the
length of the control volume increases. Energy preservation equation Eq. (2) shows the increment
of enthalpy in the heating section.
The one dimensional conservation equation of momentum for an infinitesimal stationary control
volume can be written as:
p


p
  u     u 2    f   g sin  
t
z
z
z

Eq. (4)

where, u is fluid velocity in m.s-1, g is the gravitational acceleration in m.s-2, θ is the angle between
the flow direction and the horizontal plane, p is pressure in Pa. ∂pf/∂z is frictional pressure drop gradient
in Pa.m-1, which was estimated by a correlation equation developed based on measured two-phase
pressure drop (Enoki, 2012) for two-phase. In this simulation, spatial distributions of velocity and
enthalpy are obtained from Eqs. (1) and (2), then time change of velocity is obtained from Eq. (4).
In the present study, keeping wall surface temperature constant in the flow direction, the local heat
flux q was evaluated by Eq. (5):
q   (Tw  Tb )

Eq. (5)

where α is the heat transfer coefficient in W.m-2.K-1, Tw is the wall surface temperature in K, Tb is the
bulk fluid temperature of the refrigerant in K. The heat transfer coefficient α was estimated by the
Enoki et al. correlation (Enoki, 2015) for two-phase pre-dryout region and by the Dittus-Boelter
correlation for superheated vapor single-phase region. The dryout inception quality xdi was obtained
by a correlation equation which was made in this study based on the experimental results for minichannel (Enoki, 2012), referring to the correlation by Yoshida et al (2000). For the two-phase postdryout region, based on the experimental data trends (Enoki, 2012), the heat transfer coefficient was
evaluated by linearly interpolating the heat transfer coefficients at the quality of xdi and 1.
Simulation conditions are listed in Table 1. Physical properties of R410A was used. The saturation
temperature Tsat and inlet quality xin were set at 10 °C and 0.2, respectively. The quality
maldistribution from the inlet header to the respective channels was not taken into account. The
channel mean inlet mass velocity Gave was set at 50, 100 and 200 kg∙m-2·s-1. The temperature
difference between the wall surface temperature Tw and the saturation temperature Tsat in each
channel ΔT1 and ΔT2 were given with keeping channel arithmetic mean temperature difference ΔTave
(=(ΔT1 +ΔT2) / 2) constant. For each mass velocity condition, ΔTave was determined so that the quality
increment was nearly 0.8 in the equally heating condition ΔT2/ΔT1 = 1.0. The physical properties of
R410A was evaluated using REFPROP Ver. 9.1 (Lemon, 2013). Incidentally, noticeable flow
oscillation did not occur in these conditions.
The validity of the model was confirmed by comparison with experimental results (Noboritate, 2018).
Table 1. Simulation conditions

Fluid
Saturation Temperature Tsat, °C
Channel inner diameter, mm
Heated length, m
Entrance- and exit-side unheated length, m
Inlet vapor quality xin
Channel mean inlet mass velocity Gave, kg∙m-2·s-1
Channel mean temperature difference between Tw and
Tsat, ΔTave, K
The ratio of ΔT2 to ΔT1, ΔT2/ΔT1

50

R410A
10
1
0.8
0.12, 0.12
0.2
100

200

0.65

1.50

1.95

0.2 ~ 1.0
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3. RESULTS AND DISCUSSION
As typical examples, Fig. 3a and Fig. 3b show the changes of predicted local quality x, local heat
transfer coefficient α, and local heat flux q with the distance from inception of heating z, at the mean
inlet mass velocity of 100 kg∙m-2·s-1 under equally heated condition ΔT2/ΔT1 = 1.0 and unequally
heated condition ΔT2/ΔT1 = 0.4, respectively. In each figure, the dryout inception point x = xdi is
depicted by a black symbol. Also, the inlet mass velocity G1, G2 and the heat transfer rate to the
refrigerant Q1, Q2 in each channel are denoted in the figures. The heat transfer rate to the refrigerant
was obtained by Eq. (6).

Qn  Gn Ac ( xout,n  xin )h

Eq. (6)

where suffix n is channel number, G is inlet mass velocity in kg.m-2.s-1, Ac is flow area of the channel
in m2, xout is outlet quality, Δh is latent heat of evaporation in J.kg-1.
As seen in Fig. 3 (a), for equally heated condition, the calculation results of respective channels are
equal to each other. The quality increases from the inlet value in the flow direction and reaches the
dryout inception quality xdi = 0.77 at z = 0.38 m. In the dryout region, the increasing gradient of quality
becomes more gentle due to the reduction of the heat flux attributed to the intense decrement of the
heat transfer coefficient. At the outlet of the heating section, the quality is 1.0 and the heat transfer
coefficient is the value of vapor single phase. Then, the channel mean heat transfer rate to the
refrigerant Qave (=(Q1+Q2)/2) is 0.0131 kW.
For the unequally heated condition, in Channel 1 with higher wall temperature, quality increases
sharply and reaches the dryout quality at z = 0.17 m, which is more upstream than the equally heated
1.2

1.2

x1 = x2 = xdi

0.6

0.4

0.2

0.2

0
15

0
15
ΔTave = 1.5 K
ΔT2/ΔT1 = 1.0
2
Gin1 = Gin2 =100 kg/(m ·s)
xin = 0.2

x1 = x2 = xdi

10

5

α

0
30

0
30

kW/m 2

20

x1 = x2 = xdi

10

0
0

0.2

0.4
z m
(a)

0.6

q

kW/m2

Q1 = Q2 = 0.0131 kW

q

ΔTave = 1.5 K
ΔT2/ΔT1 = 0.4
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xin = 0.2
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Figure 3: Changes of quality, heat transfer coefficient, and heat flux with the distance from
inception of heating under equally and unequally heated conditions
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case, and the dryout region expands. However, the heat transfer rate to the refrigerant Q1 = 0.0130
kW is almost the same as the equally heated case, because the outlet quality and flow rate are also
almost the same. Whereas, in Channel 2, the outlet quality is 0.74 and dryout does not occur.
Consequently, the good heat transfer is kept in the whole heating section, however, the heat transfer
rate Q2 = 0.0091 kW is lower than the equally heated because of low evaporation rate. Therefore,
the channel mean heat transfer rate Qave = 0.0111 kW is lower than that in the equally heated
condition.
In Fig. 4 and Fig. 5, the changes of the channel inlet mass velocities G1 and G2 and the outlet qualities
xout1 and xout2 are plotted against ΔT2/ΔT1, for different channel mean mass velocities Gave. In general,
as ΔT2/ΔT1 decreases, the inequality in mass velocity between the two channels expands, that is,
G1 decreases while G2 increases. And the inequality at low ΔT2/ΔT1 becomes noticeable as the mean
mass flow rate increases. The outlet quality of Channel 1 xout1 increases slightly while that of Channel
2 xout2 decreases markedly with decreasing ΔT2/ΔT1 for any mass velocity condition.
Fig. 6 shows an example of the changes of the length of pre-dryout and post-dryout regions in the
heating section with ΔT2/ΔT1 at Gave of 100 kg∙m-2·s-1. The left and right diagrams denote the results
in Channel 1 and Channel 2, respectively. In Channel 1 with high wall surface temperature, the postdryout region broadens with decreasing ΔT2/ΔT1, and it accounts for 81 % of the heating section at
ΔT2/ΔT1 of 0.2. In contrast, in Channel 2, as ΔT2/ΔT1 decreases, the post-dryout region contracts,
and dryout does not occur when ΔT2/ΔT1 was 0.4 or less.
Fig. 7 shows the heat transfer rate Q1 and Q2 of different channel mean mass velocities. For any
mass velocity condition, the heat transfer rate of Channel 1 Q1 decreases gradually against the
decrement of ΔT2/ΔT1 while that of Channel 2 Q2 decreases sharply, and both decreasing of Q1 and
Q2 becomes noticeable as the mean flow rate increases. As a result, the channel mean heat transfer
rate Qave decreases with decreasing ΔT2/ΔT1. The deterioration degrees of Qave from equal heating
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Figure 4: The relation between channel inlet mass velocities and ΔT2/ΔT1
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Figure 7: The relation between the heat transfer rates to the refrigerant and ΔT2/ΔT1

condition ΔT2/ΔT1 = 1.0 to unequal heating condition ΔT2/ΔT1 = 0.2 are 29% at Gave of 50 kg∙m-2·s-1,
34% at Gave of 100 kg∙m-2·s-1, and 41% at Gave of 200 kg∙m-2·s-1, that is, the inequality in wall surface
temperatures has a large impact on the mean heat transfer rate at high flow rate.
Fig. 8 shows the changes of the ratio of channel averaged heat transfer coefficient to its value at
equally heated condition with ΔT2/ΔT1 for the respective mean mass velocities. The channel
averaged heat transfer coefficient was defined as the following equation:

 ave 

Qave
ATave

Eq. (7)

where A is the heat transfer area in m2. Since ΔTave is constant in the present simulation, Qave is
proportional to αave. Eq. (7) can be rewritten as Eq. (8) by using the area averaged heat transfer
coefficients in the heating section in respective channels α1, α2.
1

 ave



Q1
Q2
1
1

Q1  Q2 1 Q1  Q2  2

Eq. (8)

Therefore, the averaged heat transfer resistance of the two channels 1/αave means the heat transfer
rate weighted average of the heat transfer resistance of the respective channels 1/α1, 1/α2.
As seen in Fig. 8, The heat transfer coefficient ratio decreases with ΔT2/ΔT1 generally and it is found
that the heat transfer coefficient ratio at Gave of 200 kg∙m-2·s-1 decreases more significantly compared
with those at 50 and 100 kg∙m-2·s-1.
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Figure 8: Changes of the ratio of the channel averaged heat transfer coefficient to its value at
equally heated with ΔT2/ΔT1

4. CONCLUSION
The simulation of heat transfer performance of R410A heated unequally between two parallel minichannels was conducted. The mean heat transfer rate of the parallel channels decreased with
increasing the inequality in wall surface temperatures between the channels. The deterioration of
mean heat transfer rate, or mean heat transfer coefficient, became significant at a high mass flow
velocity of 200 kg∙m-2·s-1 compared with 50 and 100 kg∙m-2·s-1.

NOMENCLATURE
α
ρ
τ
g
h
p
q
u
x

Heat transfer coefficient (W×m-2×K-1)
Density (kg×m-3)
Wall share stress (Pa)
Gravitational acceleration (m×s-2)
Specific enthalpy (J×kg-1)
Pressure (Pa)
Heat flux (W×m-2)
Velocity (m×s-1)
Quality

A
Ac
D
Q
G
Tsat
Tbulk
Twall
V
ΔT

Heat transfer area (m2)
Flow area (m2)
Inner diameter (m)
Heat transfer rate (W)
Mass velocity (kg×m-2×s-1)
Saturation temperature (K)
Bulk fluid temperature (K)
Wall surface temperature (K)
Volume (m3)
The temperature difference between the
wall surface temperature Tw and the
saturation temperature Tsat
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ABSTRACT
To reduce and avoid the frost on the cold fan surface is one of the most important way to improve
the efficiency of the refrigeration system in the cold room. In the paper, the effect of different magnetic
intensity on the condensing temperature and the freezing temperature of the wet air with a relative
humidity of 45% and an initial temperature of 25°C were studied under the condition of a temperature
decreasing rate of 5°C /min and the end temperature of -20°C. The results shown that frost formation
process included five stage, such as the condensation, the combination and growth, shrink and taller,
freezing and frost formation. As the magnetic field intensity increases gradually, the degree of
undercooling gradually increases, the amount of frosting decreases, and the amount of frosting has
a linear relationship with the intensity of the magnetic field.
key words: Magnetic Field, Condensation, Degree of Supercooling, Frost Quality.

1. INTRODUCTION
When wet air flows through the cold surface, if the cold surface temperature is lower than the air dew
point temperature, the water vapor in the air will condense on the cold surface; if the cold surface
temperature is also lower than the triple point temperature of the water, then the cold surface may
occur frosting. Frosting problems are more widespread in the fields of refrigeration, air conditioning
heat pumps, and refrigeration. Since the frost layer is a porous material composed of ice crystals
and humid air, the effective thermal conductivity is small, so the frost layer increases the heat transfer
resistance outside the evaporator and reduces the heat transfer coefficient; at the same time, the
frost layer partially blocks the air side passage. Increase the flow resistance, thereby reducing the
air flow, causing the heat exchange of the evaporator to decrease, and even causing system failure
in severe cases. Therefore, the evaporator must be frosted regularly so that it consumes additional
energy while it also causes instability in the operation of the system. The problem of frost on the
surface of the evaporator has always been one of the most difficult problems in the field of
refrigeration and air conditioning. Scholars at home and abroad have conducted a lot of experimental
and theoretical research in recent decades. Although many academic achievements have been
made, people have attached the understanding of the frosting process under the physical field is still
not very clear.
Mok J.H. et al. (2014) researched the PEF strength of 1.78 V/cm with 0.5 duty ratio at various working
frequencies were applied to 0.9% NaCl solution at -20 ºC to test the effects of PEF frequencies on
ice crystallization. It is found that the phase transition time is shortened with the increase of electric
field frequency, and the shortest phase transition time is 1443±2s. Under the action of PEF, the ice
crystal pattern tends to the same roundness; the solution is presented under the magnetic field of
the same pole and opposite pole. Obtain different ice crystal patterns, and the shortest phase change
time is obtained under the condition of opposite poles; when PEF and SMF are used in superposition,
the ice crystal is the smallest and the phase transition time is the shortest. Ding Zhenrui (2011) and
others separately treated the tap water and the deionized water after boiling in a magnetic field of
2000 Gs to compare the changes in viscosity, surface tension and density after magnetization and
magnetization. The experimental results show that under the action of the magnetic field, as the
magnetization time changes periodically, there is no linear change, and multi-value changes occur,
indicating that the effect of the magnetic field is not as large as possible, Wang and others believe
that the thermal motion of charged atoms in water generates a Lorentz force. Because water
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molecules are polar molecules, the positive charge center and the negative charge center are
opposite.

2. EXPERIMENT
2.1.

Experimental Device

Fig. 1 shows the experimental schematic diagram and some devices. The whole experimental
system uses Linksys32 software to control the cooling rate of the liquid nitrogen cold stage. The
temperature accuracy is 0.1°C. The Leica microscope is observed at 50X~200X without magnetic
field, 20Gs, 25Gs, 30Gs. 35Gs, 40Gs, 45Gs, 50Gs, 55Gs, 60Gs, -20°C bare copper surface droplet
crystallization process, using MX100 get temperature data, and electronic weigh with the bottom
plate (Accuracy：0.01mg).

Figure 1: Experimental device schematic
1,2-Computer 3- Leica Microscope 4- Cold Heat Table 5-Liquid Nitrogen console 6- Helmholtz
coil 7-Water drop 8-Contact regulator 9-Teslameter 10- Data acquisition instrument

In the experiment, select a common copper base with a size of 40mm × 40mm and a thickness of
1.5mm. The liquid is deionized water. Using the DSA100 of KRUSS, the droplets of 0.01ml are
completely stabilized after the wetting on the bottom plate. The contact angle, ambient temperature
control 25°C, relative humidity 49%, as shown in Fig.2, its contact angle is stable between 60 ° ~
70 °.

(a)
(b)
（a）DSA100 Measure the contact Angle of droplets on bare copper surface (b) Surface of bare
copper substrate under microscope
Figure 2: The contact Angle of the droplet under the bare copper base plate

2.2.

Experimental Methods and Steps

(1) The droplets with a volume of 0.01 ml were dropped at the center of the bare copper substrate
by hanging drop method. The humidity at a relative humidity of 49% and a temperature of 25°C was
5°C/min. The presser causes the center intensity of the alternating magnetic field to eventually bring
the bottom plate temperature constant at -20°C.
(2) Connect to the 220V AC power supply, use the contact voltage regulator (TDGC2-3, 0V~250V)
to adjust the output DC voltage. The Helmholtz coil center magnetic field meets the experimental
requirements: 20Gs, 25Gs, 30Gs, 35Gs, 40Gs, 45Gs, 50Gs, 55Gs, 60Gs, magnetic field generator
adjustment accuracy of 0.5Gs, Tesla meter measurement error range of ± 0.1Gs.
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(3) The experiment used deionized water. The droplet is titrated on a cold stage by a pipette, and a
small droplet is first dropped by the titration, and then the needle is inserted into the droplet, then
slowly dripped, so that the shape of the droplet is a part of a circle, each time the titration volume of
the droplet is 0.01 ml; two thermocouples are respectively connected to the center and surface of
the droplet; the temperature and moisture content of the air are determined to be 25°C and 49%,
respectively, and the outer lid is covered, and the inner cavity is in a Sealed state; add liquid nitrogen
to liquid nitrogen dewar, connect the dewar tube to the cold stage, open the cold stage switch,
connect the cold stage Linksys32 software, set the temperature rate to 5°C / min, set the final
temperature to -20°C; open the real-time temperature observation record button. Open the software,
Leica camera software, and click the Linksys32 cooldown button and the MX100 record button.
During the cooling process, especially during the crystallization process, when the field of view light
at the center of the droplet is observed to be dark, and the crystal is formed, the observation is
stopped.

3. PHENOMENON AND ANALYSIS
3.1.

Additional Degree of supercooling

It is found that under the action of DC magnetic field, the crystallization temperature of the droplets
decreases, the degree of subcooling increases, and the degree of subcooling of the droplets is:
∆T = −
Eq.(1)
The degree of subcooling varies with the intensity of the magnetic field as shown in Fig.3. At a
temperature of about -2°C, a sheet-like structure appears inside the droplet. When completely
crystallized, the inside can see the clear crystal nucleation, and Internal bubbles after crystallization.

Figure 3: Change of droplet surface temperature and center temperature

By theoretically calculating the influence of different magnetic field intensities on the degree of
subcooling, the magnetic field has an additional drive for the movement of water molecules. Under
the action of the magnetic field, the additional subcooling under the action of the magnetic field
changes is:
Δ

Eq. (2)

= 2.03 × 10

For the center of the test plate, the magnetic field intensity is：
Eq. (3)

B=
(

)

According to Eq.2, calculate the theoretical supercooling degree of 20Gs, 25Gs, 30Gs, 35Gs, 40Gs,
45Gs, 50Gs, 55Gs, 60Gs, and compare with the experimental supercooling degree to obtain Table1.
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Table 1. Additional subcooling and theoretical values under magnetic field versus experimental
values

Magnetic field
intensity/Gs
20
25
30
35
40
45
50
55
60

Theoretical value/°C Experiment value/°C
0.08
0.13
0.18
0.25
0.32
0.41
0.50
0.61
0.73

0.62
0.74
2.40
2.12
2.00
1.92
1.85
1.66
2.18

Deviation/°C
0.54
0.61
2.22
1.87
1.68
1.51
1.35
1.05
2.18

There are three reasons why the theoretical and experimental values are deviated and the degree
of supercooling of the droplets does not change linearly with the magnetic field intensity under the
action of the magnetic field: 1. The number of molecules of the crystal nucleus set by the theoretical
formula is constant, with the intensity of the magnetic field. The number of molecules that change
the nucleation will change. 2. The hydrogen bonds of water molecules are constantly breaking and
combining. The equilibrium state of hydrogen bonds in water molecules changes under the action of
magnetic field. 3. At the microscopic level, the magnetic field is added. After that, the electron cloud
of the water molecule will change, and the interaction force between the water molecules will change.
These three factors will cause the energy change of the droplet nucleation, and the subcooling of
the droplet changes.
As shown in Fig. 4, when the electromagnetic field intensities are 0Gs, 20Gs, 25Gs, 30Gs, 35Gs,
40Gs, 45Gs, 50Gs, 55Gs, 60Gs, the subcooling degrees are: 5.83℃, 6.34°C, 6.56°C, 7.56°C, 8.34°C,
7.67°C, 6.78°C, 7.13°C, 7.42°C, 7.91°C.

Figure 4: Droplet degree subcooling under different magnetic field intensities

Combined with the theoretical values of the additional subcooling under different magnetic field
strengths and the experimental values, it is found that with the increase of the magnetic field intensity,
the additional supercooling degree gradually increases, and the deviation is larger at 30Gs and
60Gs.The magnetic intensity changes the resonance of the molecules in the liquid, induces the
electric dipole moment, changes or fission of the bonds inside the molecule, changes the
configuration of the molecules to cause changes in the physical properties of the liquid; in addition,
the effect of the magnetic field is beneficial to the atoms around the liquid. The two-electron layer
structure is formed to be charged, so that the water molecule clusters have a large deviation in the
supercooling degree under the two magnetic field intensities.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2442

3.2.

Magnetic Field Frosting Visualization

The experimental setup is the same as that of Fig.5 and Fig.6. The temperature in the closed
chamber of the cold stage is controlled at 25°C, and keep the humidity at 49%. The liquid nitrogen
is poured from the liquid nitrogen tank into the Dewar and connected to the cold stage. Adjust the
contact voltage to a stable output voltage, so that the AC magnetic field is at 60Gs (the molecular
crystallization drive is obvious under the magnetic field intensity), turn on the button of the cold stage
device, open the Linksys32 software, connect the cold stage, set the temperature rate to 5°C /min,
finally let the cold stage temperature reach -20°C, keep it constant.

Figure 5: Magnetic field intensity under 60 Gs, the temperature is 25℃ relative humidity 49% bare
copper surface frosting process

Under the action of the electromagnetic field, the frost crystals that have just begun to form are
independent and are not connected together. The ice crystals formed by the droplets without the
magnetic field are connected together to form a piece, and the frost crystal formed is more loose.
The water molecules in the liquid state do not exist as individual water molecules, but form a cluster
under the action of hydrogen bonds. The hydrogen bond acts stronger than the interaction between
molecules, and the hydrogen bonds of water molecules in the liquid water They are in a state of
balance in constant synthesis and fracture. It is proved by spectroscopy that under the action of the
magnetic field, the hydrogen bond angle between water molecules changes, and the bond angle of
the water molecules after magnetization changes from 104.5°C to 103°C, which causes hydrogen
bond rupture and the effective diameter of water molecules becomes shorter. Under the action of an
electromagnetic field, the droplet size formed on the cold surface is small. Water molecules are polar
molecules under the action of electromagnetic fields, and the droplets increase the probability of
arrangement in the direction of the magnetic field, so the droplet distribution is more uniform under
the action of the electromagnetic field.
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Figure 6: Without magnetic field, the temperature is 25℃, relative humidity 49% bare copper surface
frosting process

In the course of the experiment, as shown in Fig.6, it can be observed that the initial stage of frost
formation on the cold surface can be divided into the following processes: as the temperature
decreases, the core is condensed on the cold surface to form a very small liquid. Dropping, under
the microscope, it can be observed that dense black droplets on the surface of the cold table cover
the entire cold stage, and blackening on the cold surface can be observed in the image. In a short
period of time, small droplets will spread over the entire cold surface. Small droplets on the cold
surface will slowly grow up around the small droplets. Due to the long assembly of the droplets, some
places on the bottom plate are exposed. Come out, in these bare places will continue to condense
nucleation to form small droplets, these small droplets will be swallowed by the large droplets around,
the contact area of large droplets with the cold surface will increase. After that, the large droplets
slowly shrink and then grow taller. The process of droplet growth then repeats the above process.
As the temperature of the cold stage decreases, it rapidly crystallizes when the temperature of the
droplet drops to a certain temperature. After crystallization, the tip will grow taller, and tiny crystals
will form on the upper surface of the crystal, and then the frost crystal will grow slowly. After growing
up, the frost crystals are mainly in the form of flakes, which is the initial stage of the frost growth.
After the frost slowly grows up, the frost crystal slowly grows into leaves.
Compared with the frosting on the bare copper surface with magnetic field and no magnetic field, it
is found that the nucleation particle size tends to be orderly and the shape is more regular under the
action of magnetic field. In the total time of frosting, the addition of magnetic field to suppress the
frosting process has no significant effect, only It is reflected in the increase of nucleation supercooling;
but for the frost layer structure, the layered crystal structure is more obvious under the action of
magnetic field, which is more conducive to defrosting.
3.3.

The Relationship between Frosting Mass and Magnetic Field Intensity

When the frost crystal is not growing, use the electronic balance to weigh the total mass of the copper
plate and the frost. The mass of the copper plate is known to be 473.00 mg. The change of the
frosting mass and the magnetic field intensity is shown in Fig.7, and relevance about the magnetic
field intensity and the frosting mass are given. The linear fit relationship of the frost amount is shown
in Fig.7.
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Figure 7: Linear fitting of frost amount per unit area and magnetic field intensity

As the intensity of the magnetic field increases, the per unit area of frosting gradually decreases. As
shown in Fig.7, the assumption is made for the special point of the magnetic field intensity of 8Gs.
At the initial stage of the magnetic field, the water clusters are not completely below 8Gs.
Magnetization, the electrons easily transition from a simple state to a spin-three pure state under the
action of a magnetic field, and the transition is hindered in turn, so the molecules in the liquid in the
pure state of the spin cause the hydrogen bond to occur to a certain extent. Breaking, the molecular
cluster breaks, changing the intermolecular forces, thereby changing some physical properties of
the molecule. For the second special point before and after the magnetic field intensity is 30 Gs, as
in the case of Table 1 above, the resonance phenomenon causes a sudden decrease in the frosting
mass.
Table 2. Linear fit result

Value

The mass
of frost per
unit area

0.37565

Intercept
Standard error

0.00967

Value

Slope
Standard error

Statistics
Amend !

-0.00366

2.76729× 10

0.85265

The fitting results in Fig.7 show that the goodness of fit ! = 0.85265, according Table2, the results
have a good fit, so the linear relationship between the magnetic field intensity and the total mass of
the copper plate and frost is given as follows:
M = −0.00366B + 0.37565

Eq.(4)

4. CONCLUSION
when the intensity of the magnetic field increases, the degree of crystallization cold gradually
increases, and the crystallization time is prolonged to some extent. The magnetic field intensities are
20Gs, 25Gs, 30Gs, 35Gs, 40Gs, 45Gs, 50Gs, 55Gs, 60Gs. The extra degree of subcooling degrees
are 0.62°C, 0.74°C, 2.40°C, 2.12°C, 2.00°C, 1.92°C, 1.85°C, 1.66°C, 2.18°C, and the magnetic field
intensity and crystallization under weak magnetic field (0~120Gs). The degree of subcooling
changes periodically.
The magnetic field causes the liquid phase to change from disorder to order, from asymmetric
structure to symmetrical structure, from mesh structure to layered structure. Using a highmagnification microscope, it can be observed that the initial frosting on the cold surface is divided
into: the droplets condense on the cold surface - the droplets grow and devour the surrounding small
droplets, the shrinkage grows high - the droplets freeze into ice crystals - the ice crystals are slow
Growing up slowly.
The microscopic observation of the additional magnetic field on the exposed copper surface and the
frosting without additional physical field revealed that the ice crystals frozen by the magnetic field
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had smaller particle size and the crystal growth direction was more orderly, that is more benefits for
the frost layer. As the magnetic field intensity increases, the per unit area of frosting mass and the
magnetic field intensity have a good linear correlation under the weak field intensity, and the frosting
amount has a smaller decreasing trend.

NOMENCKLATURE
B

Magnetic intensity(Gs)
Liquid-solid-liquid coexistence
temperature(℃)

'

()

Extra degree of supercooling (℃)

M

Actual crystallization temperature(℃)
Magnetic permeability under vacuum(4π ×
10 , -//)
Experimental copper plate and total mass
of frost(mg)
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ABSTRACT
Liquefied Natural Gas (LNG) is a valuable exergy source because of its cryogenic temperature (162oC). However, LNG is usually regasified in Open Rack Vaporizers using seawater as heat source
and without cold recovery.
Alternatively, double-bundle vaporizers are a promising technology for cold recovery from LNGregasification. These vaporizers are like shell-and-tube heat exchangers with a thermal buffer fluid
which vaporizes taking heat from a heat transfer media and condenses using LNG as heat sink. If
the heat transfer media is properly selected, LNG will be regasified with cold recovery.
This paper deals with the thermal design of a double-bundle vaporizer using CO2 as heat transfer
media for LNG cold recovery and its subsequent use in refrigeration applications.
Since the thermal buffer fluid has a critical influence on the design, different candidates are
considered. Among them, ethylene reports the lowest heat transfer area required for any tube
lengths and diameters.
Keywords: Liquefied Natural Gas (LNG), Regasification, Exergy recovery, Double-Bundle Vaporizer,
Carbon Dioxide, Thermal Buffer Fluid.

1. INTRODUCTION
The mitigation of climate change effects is one of the major challenges that today’s society should
face. In this sense, Natural Gas (NG) and, particularly, Liquefied Natural Gas (LNG) is forecasted to
play a key role in the transition towards a decarbonized energetic model (International Energy
Agency, 2018). Since the chemical composition of natural gas is mainly methane, natural gas is one
of the most environmentally friendly fossil fuels with a lower carbon footprint than coal or oil and its
combustion has near zero emissions of NOX and SOX gases. On the other hand, LNG entails a
solution for the long-distance transport of natural gas and it is obtained by the liquefaction of the pretreated natural gas, which is an intensive energy process (around 800 kWh per tonne of Natural Gas
liquefied). Because of the liquefaction process, the temperature of LNG drops down to 111 K and
this very low temperature makes LNG a “gold mine” from the exergetic point of view.
Previously to be supplied to costumers, LNG has to be regasified. Regasification is an opportunity
to recover part of the energy consumed in the liquefaction process because the low-temperature
cold has multiple industrial applications such as cryogenic power cycles, air separation processes,
dry ice production, refrigeration applications in deep-freeze warehouses, etc. (Kanbur, 2018).
However, the vast majority of LNG regasification facilities worldwide do not recover the LNG exergy.
In fact, there are only a few LNG terminals worldwide with LNG cold recovery and most of them are
located in Japan. The problem is that there are some hurdles blocking a widespread cold recovery
from LNG-regasification. Some of these hurdles have non-technical nature, but others are technical
(Atienza-Márquez et al., 2018a). For example, the lack of suitable heat transfer fluids and working
fluids, and also the few specialised equipment commercially available. Regarding the equipment,
vaporizer units (heat exchangers) play a key role in the challenge of cold recovery from LNGregasification.
Fig. 1 shows a schematic diagram of the most common technologies of vaporizers utilized in LNG
regasification (without LNG cold recovery). These vaporizers are the following:
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Open Rack Vaporizers and super ORV (Fig. 1 (A)): In these vaporizers LNG flows inside a
set of tube-sheets and it is regasified by taking heat from seawater which flows downward
and outside LNG tubes. However, the exergy content of LNG is wasted via seawater.
• Submerged Combustion Vaporizers (Figure 1 (B)): LNG stream flows inside a tube bundle
submerged in a hot water bath which is heated by the combustion heat of a small fraction of
the Natural Gas regasified. In these units, LNG exergy is wasted via the combustion gases.
• Ambient Air Vaporizers (Fig. 1 (C)): In these units LNG passes through a set of
interconnected tubes which are exposed to the environment. The regasification heat is taken
from the ambient air, but LNG exergy is wasted via this medium.
• Intermediate Fluid Vaporizers (Fig. 1 (D)): In these units, seawater is also used as heat
source to regasify LNG but using an intermediate fluid as thermal buffer media.
According with the above descriptions, only Intermediate Fluid Vaporizers (IFVs) could be a
promising alternative to regasify LNG and recover its cold simultaneously because of its structure
and the utilization of a buffer fluid. The “conventional” IFV utilized in LNG facilities consist of a sort
of shell-and-tube heat exchanger that has an intermediate fluid (e.g., propane) that vaporizes and
condenses inside a tank (shell) where a condenser (LNG/NG side) and an evaporator (seawater
side) are allocated. To adjust the supplying temperature of regasified NG, an additional heat
exchanger integrated in the same unit (thermolator) is used. The company Osaka Gas Co., Ltd.
developed originally this kind of vaporizer and Kobe Steel, Ltd. is authorized for its manufacturing.
Some of the most remarkable advantages of IFV are: compact volume, environmentally friendly, the
low quality required for the seawater and no ice formation (Pu et al., 2014). Another typology of
vaporizer that could be a promising option for cold recovery from LNG-regasification are spiralwound heat exchangers (Ding et al., 2017; La Rocca, 2010). However, the risk of crystallization of
the heat transfer media in this type of vaporizer is much higher than for IFV because the heat transfer
media is in direct contact with LNG.
•

But the conventional typology of IFV does not allow the cold recovery from LNG because it uses seawater as
heating medium and cannot be used to distribute the cold. However, its structure and materials could be
modified and adapted with the aim to use an alternative heat transfer media (instead of seawater) to distribute
the cold. For instance, carbon dioxide could be an interesting option (low viscosity at low temperatures, prize,
etc.). The objective of this paper is to study the thermal design of a vaporizer for the cold recovery from LNG
regasification based on the structure of IFVs. Besides, a comparative assessment is performed between three
different candidate intermediate fluids whose diligent selection is essential for a successful design of the
vaporizer with LNG cold recovery.

Figure 1: Common technologies of vaporizers utilized in LNG regasification facilities
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2. DOUBLE-BUNDLE LNG VAPORIZER
2.1.

Description of the vaporizer

Fig. 2 shows the schematic diagram of the proposed LNG vaporizer with cold recovery from LNGregasification for off-site applications. Although this typology of vaporizer is commonly called
“Intermediate Fluid Vaporizer”, hereafter in this paper we will refer it as double-bundle vaporizer as
in Hewitt (2002).

Figure 2: Double-bundle U-tube LNG vaporizer

The proposed vaporizer consists of a shell-and-tube type heat exchanger with two U-tube bundles
both inside a single shell. The shell is filled with a fluid that floods the bottoming tube bundle. The
LNG flows inside the upper tube bundle. On the other hand, carbon dioxide (CO2), that flows inside
the bottoming tube bundle, is not only used as heating medium to regasify LNG, but also it is used
as heat transfer media to recover the cold from LNG. CO2 enters the tubes at saturated vapour
conditions and it leaves the tube bundle as saturated liquid. A similar vaporizer using ethylene as
intermediate fluid was proposed in Pineda Quijano et al. (2017) (the vaporizer was called ethylene
heat pump), although few details were given about the modelling, geometrical design parameters
and the selection of the intermediate fluid. A benefit from using CO2 instead seawater as heating
medium is the mitigation of fouling phenomena that may leads into minor maintenance tasks.
Regarding manufacturing materials, cost could be reduced because CO2 is a non-corrosive fluid and
expensive materials (e.g., titanium) are not required.
On the other hand, many authors have selected CO2 as heat transfer media for long-distance
transportation of the cold recovered from LNG-regasification plants to end-users with refrigeration
demand (e.g., agro-food industry, commercial areas, etc.). Since liquid CO 2 has lower viscosities at
very low temperatures and it requires lower flow rates than, e.g., water/glycol mixtures, the power
consumption by pumping can be reduced (Eveloy and Ayou, 2019). Moreover, CO 2 is an
environmentally-friendly substance, secure and cheap so that it is a suitable heat transfer media for
a low-temperature District Cooling network. However, one of the main drawbacks of using CO 2 as
heat transfer media is its relatively high freezing temperature (-55.6 oC) in comparison with the
temperature of LNG at the inlet of the vaporizer (around -160 oC). Therefore, a special care is
required to prevent the freezing of CO2 inside the tubes. Regarding this issue, the intermediate fluid
plays the key role of thermal buffer by “pumping” the heat from the heating medium (CO 2) to the LNG
and avoiding the direct contact between CO2 and LNG. Furthermore, the CO2 tube bundle has to be
fully submerged in the thermal buffer fluid (TBF) pool with the aim to avoid local surface temperatures
of tubes below CO2 freezing point.
The TBF filling the shell is at saturated conditions and it shifts continuously its phase between boiling
and condensing. It condenses in the outside surface of the tubes of the upper tube bundle. The latent
heat released from the TBF condensation is absorbed by the LNG stream, so that it is regasified.
The condensate drops flows downward by the influence of gravity and they are accumulated in the
bottoming part of the shell forming a pool that covers completely the CO 2 tube bundle. On the other
hand, the TBF vaporizes by absorbing heat from the CO2 stream in the bottoming tube bundle. Then,
the vaporized fluid occupies the upper space of the shell where the LNG/NG tube bundle is located
and the system remains working with a kind of closed-loop operation. Definitely, the TBF plays a key
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role in this vaporizer and there are research works that deals with the selection of the most suitable
TBF. For instance, Xu et al. (2015) discuss about the most suitable TBF as function of the required
heat transfer area for a double-bundle vaporizer but using seawater as heat source and without
recovering the cold from LNG-regasification.
2.2.

Modelling

The model of the vaporizer is developed using the software Engineering Equation Solver (EES) (FChart, 2019). The modelling assumptions are:
• Simulation under steady state conditions.
• Thermal and pressure losses are not considered.
• The composition of LNG/NG is assumed as pure methane.
• Kinetic and gravitational energies are not considered.
• Stream of CO2 is at saturated vapour state at the inlet of the bottoming tube bundle and at
saturated liquid state at the outlet.
• The individual tubes of the upper and bottoming bundles have the same length and
diameters.
• There are no leakages of any fluid to the environment.
• No flow misdistribution: Fluid flow rates are equally distributed in each individual tube of the
tube bundles.
• Length differences between outer and inner U-tubes of the tube bundle are not considered.
• Fouling layers on heat transfer surfaces are not considered.
• The thermal resistance due to tube walls is not considered as it is much lower than the
convective thermal resistance.
On the other hand, Table 2 shows the main settled parameters for studying the design of the doublebundle vaporizer presented in this paper. The regasification capacity of the vaporizer unit is chosen
with the aim to recover around 15% of the low-temperature exergetic potential in a typical LNG
terminal (e.g., the Barcelona LNG terminal in Spain). On the other hand, the velocity of CO2 streams
at vapour state at the entry of the tubes is limited (< 30 m s-1) to avoid problems with erosion of the
tube material and vibrations issues. Furthermore, the relatively low temperature of regasified NG at
the exit of the vaporizer could allow its utilization for another application (e.g., electric power
production in a cryogenic power cycle). In this way, a cascaded LNG exergy exploitation could be
stablished to end up with a polygeneration system (Atienza-Márquez et al., 2018a, 2018b).
Table 2. Design parameters and constraints.

Parameter
Regasification capacity of the vaporizer (Q)
LNG temperature and pressure at the inlet (TLNG,in)
Regasified natural gas design temperature (TLNG,out)
Inlet and outlet CO2 temperature (TCO2,in; TCO2,out)

Value
5 MW
o
-160 C, 4.6 MPa
-80 oC
-50 oC

Maximum straight length (L) allowed for LNG/NG and CO2 U-tubes
CO2 tubes inner wall temperature (average value, Tw)

< 20 m
-54 oC

The heat transferred (Q) in the vaporizer is calculated from the energy balances in each tube bundle.
Hence, the energy balances for the CO2 tube bundle and the LNG/NG tube bundle are shown in Eq.
(1) and Eq. (2), respectively:
𝑄 = 𝑚𝐶𝑂2 (ℎ𝐶𝑂2 ,𝑖𝑛 − ℎ𝐶𝑂2 ,𝑜𝑢𝑡 )
𝑄 = 𝑄𝑏𝑐 + 𝑄𝑎𝑐 = 𝑚𝐿𝑁𝐺 [(ℎ𝐿𝑁𝐺,𝑐 − ℎ𝐿𝑁𝐺,𝑖𝑛 ) + (ℎ𝐿𝑁𝐺,𝑜𝑢𝑡 − ℎ𝐿𝑁𝐺,𝑐 )]

Eq. (1)
Eq. (2)

Since the LNG pressure is above its critical value, it is necessary to divide the heat transfer in
LNG/NG tubes into two parts depending on its temperature: heat transferred when the temperature
is below the critical value (Qbc); and heat transferred when temperature above the critical value (Qac).
Alternatively, the heat transferred can be also determined from the overall heat transfer coefficient
(U) and the heat transfer area (A) as follows:
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−1
−1
𝑄 = 𝑈𝑏𝑡𝑏 𝐴𝑜,𝑏𝑡𝑏 (𝑇̅𝐶𝑂2 − 𝑇𝑤 ) = (𝛼𝑜,𝑏𝑡𝑏
+ 𝛼𝑖,𝑏𝑡𝑏
𝐷𝑜 𝐷𝑖−1 )

−1

Eq. (3)

𝐴𝑜,𝑏𝑡𝑏 (𝑇𝐶𝑂2 − 𝑇𝑤,𝑏𝑡𝑏 )
−1

−1
−1
𝑄𝑏𝑐 = 𝑈𝑢𝑡𝑏,𝑏𝑐 𝐴𝑜,𝑢𝑡𝑏,𝑏𝑐 𝐿𝑀𝑇𝐷𝑠𝑢𝑏𝑐 = (𝛼𝑜,𝑢𝑡𝑏
+ 𝛼𝑖,𝑢𝑡𝑏
𝐷𝑜 𝐷𝑖−1 ) 𝐴𝑜,𝑢𝑡𝑏,𝑏𝑐 𝐿𝑀𝑇𝐷𝑏𝑐

Eq. (4)

−1

−1
−1
𝑄𝑎𝑐 = 𝑈𝑢𝑡𝑏,𝑎𝑐 𝐴𝑜,𝑢𝑡𝑏,𝑎𝑐 𝐿𝑀𝑇𝐷𝑎𝑐 = (𝛼𝑜,𝑢𝑡𝑏
+ 𝛼𝑖,𝑢𝑡𝑏
𝐷𝑜 𝐷𝑖−1 ) 𝐴𝑜,𝑢𝑡𝑏,𝑎𝑐 𝐿𝑀𝑇𝐷𝑎𝑐

Eq. (5)

Where the logarithmic mean temperature differences (LMTD) are defined as:
−1

Eq. (6)

𝐿𝑀𝑇𝐷𝑏𝑐 = [(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑖𝑛 ) − (𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑐 )] · {𝑙𝑛[(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑖𝑛 )/(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑐 )]}

−1

𝐿𝑀𝑇𝐷𝑎𝑐 = [(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑐 ) − (𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑜𝑢𝑡 )] · {𝑙𝑛[(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑐 )/(𝑇𝑇𝐵𝐹 −𝑇𝐿𝑁𝐺,𝑜𝑢𝑡 )]}

Eq. (7)

On the other hand, the heat transfer area based on the outer diameter of the tubes is calculated as
a function of the length (L) of a single tube (total length of a straight U-tube) and the number of tubes:
Eq. (8)

𝐴𝑜 = (𝜋𝐷𝑜 𝐿) × 𝑁𝑇

Finally, since the wall tube temperature of the CO2 is a fixed design parameter and the temperature
of CO2 during condensation remains constant, the temperature of the TBF is calculated as:
𝑇𝑇𝐵𝐹 = 𝑇𝑤 − [𝛼𝑖,𝑏𝑡𝑏 𝐷𝑖 · (𝑇𝐶𝑂2 − 𝑇𝑤,𝑏𝑡𝑏 )](𝛼𝑜,𝑏𝑡𝑏 𝐷𝑜 )

−1

Eq. (9)

Notice the remarkably influence of convective heat transfer coefficients (HTCs) on an accurate
calculation of the heat transfer areas. Despite there are many correlations published in the literature
there is not any correlation generally satisfactory that will give accurate predictions over a wide flow
range and valid for any fluid (Sinnott, 2000). In this paper, we have selected those HTCs
recommended by specialized heat exchanger design handbooks and research papers dealing with
the design of LNG vaporizers. The selected HTCs are the following: Correlation of Shah (2016) for
the condensation of CO2 inside the tubes; for TBF boiling, correlations of Mostinski (1963) or Jung
et al. (2004) are used depending on the nature of the TBF; for the LNG boiling, the HTC correlation
of Bae and Kim (2009) is used when the temperature of LNG is below its critical value, and the
correlation of Liang et al. (1998) when the temperature of LNG is above its critical value.
2.3.

Requirements of the Thermal Buffer Fluid (TBF)

The TBF candidate must fulfil the following features:
1. Freezing point lower than -162oC to prevent crystallization of the fluid.
2. The normal boiling point must be lower than -50oC, meaning that the saturation pressure
must be higher than the ambient pressure at -50oC. If the TBF operates at a vacuum
pressure, air infiltrations can occur.
3. Critical temperature higher than LNG temperature to allow condensation of the TFB.
Therefore, there are only few fluids that can be considered as potential candidates: Ethane, Ethylene
and PFC-14. Table 3 shows their main thermodynamic data, Global Warming Potential and safety
group. Notice that the environmental impact of PFC-14 in terms of GWP is much higher than for
ethane and ethylene. By the contrary, PFC-14 is a non-flammable substance while ethane and
ethylene both have a high flammability risk. On the other hand, although propane is the most
common TBF utilized in conventional double bundle vaporizers in which seawater is used as heat
source, it is dismissed in this application due to its relatively high normal boiling point (-42.1oC).
On the other hand, to predict the boiling heat transfer coefficient of the TBF, the correlation of Jung
et al. (2004) which is suitable for flammable refrigerants (e.g., hydrocarbons) is used for ethane and
ethylene; and the correlation given by Mostinski (1936) is used for PFC-14.
Table 3. Thermodynamic data of the candidate TFB

- 183.6

Normal
boiling point
(oC)
- 128.1

Critical
temperature
(oC)
- 45.6

Critical
pressure
(kPa)
3,750

Global Warming
Potential
(100 years)
7,340

- 182.8
- 169.2

- 88.6
- 103.8

32.2
9.2

4,872
5,042

5.5
3.7

Fluid

Freezing
point (oC)

PFC-14
Ethane
Ethylene

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Safety
A1
A3
A3

2452

3. RESULTS AND DISCUSSION
Table 4 and Table 5 show the results obtained when using each candidate TBF for two total straight
U-tube lengths: 15 m and 19 m. In the case of Table 4, the results correspond to a tube diameter of
19/16.1 mm while those of Table 5 corresponds to diameters of 25.4/22.9 mm. The total heat transfer
area (Atot) based on the outer tube diameter is used to determine the size of the vaporizer. Also, the
overall heat transfer coefficients are shown. The following observations can be withdrawn:
• The longer the tubes, the lower heat transfer area is required. If longer, the number of tubes
needed to achieve the heat transfer area required are lower so that the velocity of fluid across
tubes are higher. As a consequence, the heat transfer enhances because HTCs inside tubes
increase with velocity. This statement is valid for both tube diameters evaluated, although
the maximum length of the tubes might be limited by constructive constraints.
• The narrower the tube, the lower heat transfer area is required for all the candidates. Larger
tube diameters lead into lower velocities of the CO 2 across them and, therefore, the heat
transfer coefficient for the condensation inside the tubes decreases.
• Since the CO2 temperature and the tube inner wall temperature are fixed design parameters,
the heat transfer area of the CO2 tube bundle does not depend on the thermal buffer fluid.
As a result, the number of tubes and heat transfer area for the CO 2 tube bundle is the same
for the three candidate TBFs.
• Regardless the length and the diameter of the tubes, ethylene is the candidate which reports
the lowest heat transfer area. Since the features of ethane and ethylene are quite similar,
the heat transfer area required by them is similar as well. However, major differences are
observed for PFC-14. Because the critical temperature of PFC-14 is relatively low in
comparison with the other candidates, the latent heat released along its condensation is the
lowest, so a higher heat transfer area is required.
Table 4. Results obtained for each TBF (Tubes: Do/Di 19/16.1 mm)

CO2 tube bundle
LNG/NG tube bundle
L (m)
TBF
Uo
Ao
Uo (T<Tc)
Uo (T>Tc)
Nt Ao (m 2)
Nt
(W m -2 K-1)
(m 2) (W m -2 K-1) (W m -2 K-1)
PFC-14 394 352.8
1990
255 228.3
442.6
575.7
15
Ethane 394 352.8
1559
120 107.4
974.2
1371

19

Ethylene
PFC-14
Ethane
Ethylene

394
151
151
151

352.8
171.3
171.3
171.3

2097
3638
2849
3832

111
191
90
83

99.4
126.6
102.1
94.1

991.8
483.4
1070
1084

1374
606.1
1437
1432

TTBF
(oC)

Atot (m 2)

-57.1
-59.1

581.1
460.2

-56.8
-58.0
-60.2
-57.6

452.2
387.9
273.4
265.4

Table 5. Results obtained for each TBF (Tubes: Do/Di 25.4/22.9 mm)

L (m)

15

19

CO2 tube bundle
LNG/NG tube bundle
Uo
Ao
Uo (T<Tc)
Uo (T>Tc)
Nt Ao (m 2)
Nt
(W m -2 K-1)
(m 2) (W m -2 K-1) (W m -2 K-1)
PFC-14 355 424.9
1697
239 286.1
344.2
490.8

TTBF
(oC)

Atot (m 2)

-56.9

711.0

Ethane
Ethylene
PFC-14
Ethane
Ethylene

-58.8
-56.6
-57.0
-59.0
-56.7

564.9
553.0
626.2
489.7
480.6

TBF

355
355
242
242
242

424.9
424.9
366.9
366.9
366.9

1332
1790
1934
1514
2039

117
107
171
81
75

140.0
128.1
259.3
122.8
113.7

721.6
746.2
385.9
838.4
855.8

1143
1161
521.6
1241
1244

On the other hand, Fig. 3 shows the temperature profile in the vaporizer with ethylene as TBF and
for tubes of 19 m-length and 19 mm-outer diameters. According to the results obtained, the
temperature of LNG is below its critical point in a first part of the tubes and it is above it in the final
part (-82.6oC if natural gas is assumed as pure methane). On the other hand, since both CO2 and
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the TBF are pure substances and are in phase change conditions, their temperatures remains
constant.
But the most valuable fact is that the TBF transfers the heat between CO2 and LNG but avoiding the
risk of CO2 crystallization in the bottoming tube bundle. As shown in Fig. 3, this fact even more
remarkably in the first part of the heat exchanger where the temperature difference between LNG
and CO2 is higher than 100oC. Notice that the temperature of LNG/NG is lower than the freezing
point of CO2 along the whole heat exchanger. Therefore, the role of the TBF is crucial.

Figure 3: Temperature profile in the double-bundle LNG vaporizer

4. CONCLUSIONS
This paper deals with a double bundle vaporizer that allows the cold recovery from LNGregasification for off-site applications (e.g., refrigeration in agro-food industry warehouses,
commercial areas, etc.) and using CO2 as heat transfer media. A thermodynamic and heat transfer
model has been developed with the aim to study the thermal design of the vaporizer. Because the
buffer fluid utilized in the vaporizer has a crucial influence on the design, we have selected the most
suitable candidate based on the lower heat transfer area required. The main conclusions are:
1. Three candidate thermal buffer fluids have been compared: Ethylene, Ethane and PFC-14.
All them fulfil the constrains regarding freezing point, critical temperature and normal boiling
point. Among them, ethylene is the most suitable because it reports the lower heat transfer
area required. This conclusion match with that of some references in the literature.
2. With the aim to reduce the heat transfer area required, long and narrow tubes are preferable
for any of the candidate thermal buffer fluids compared. However, the selection of these
geometrical parameters could be subjected to constructive limitations and other design
constraints (e.g., velocities of streams inside tubes to avoid fouling or vibrations).
3. A diligent selection of convective heat transfer coefficients is crucial for an accurate
calculation of the heat transfer area. If the heat transfer area is underestimated, the
condensation of CO2 inside the tubes might be only partial. By contrary, an overestimation of
the area could cause an unduly CO2 subcooling so that freezing problems could appear.
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NOMENCLATURE
A
α
D
h

Heat transfer area (m 2)
Convective heat transfer coefficient (W m -2 K-1)
Diameter (m)
Enthalpy (kJ kg-1 K-1)

Subscripts
ac
Above critical point
bc
Below critical point
btb Bottoming tube bundle
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L
LMTD
m
Nt
Q
T
U

Total length of a straight U-tube (m)
Logarithmic mean temperature difference (K)
Mass flow rate (kg s-1)
Number of tubes
Heat flux (kW)
Temperature (K)
Overall heat transfer coefficient (W m -2 K-1)

c
in
o
out
tot
utb
w

Critical point
Inlet
Based on outer diameter
Outlet
Total (area)
Upper tube bundle
Tube’s wall
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ABSTRACT
The manufacturers of refrigeration equipment are facing challenges related to the legislative
requirements forcing them to implement less conventional refrigerants with lower Global Warming
Potential (GWP) in their new products.
Natural working fluids like Ammonia, Carbon Dioxide and Propane have demonstrated to be energy
efficient and environmentally benign alternatives. Ammonia refrigeration systems have been
successfully in the market for more than 140 years. Especially at high ambient temperature
conditions, these units can outperform conventional HFC systems. The cost, availability and
detection of the fluid are no issue on a global base. Hydrocarbon based AC split units, applying
propane, are in focus and large-scale production lines are under preparation. The fluid- and
thermosphysical properties of CO2 are quite different from most other working fluids. Therefore, the
refrigeration system design has to be carefully adapted to the properties of CO2, thereby maximising
the energy efficiency and minimising the total cost of ownership.
The article describes the challenges related to conventional refrigerants and examples of the latest
system developments applying natural working fluids in industrial-, commercial and marine
refrigeration will be described in the work.
Keywords: Natural Working Fluids, Ammonia, CO2 Refrigeration Systems.

1. INTRODUCTION AND CURRENT STATUS
In his very last publication, Lorentzen (1995) outlined in a detailed way why it does not seem very
logical to replace synthetic refrigerants having a significant environmental impact with another family
of related halocarbons equally foreign to nature. By that time, it was the initial phase of the Montreal
Protocol, i.e. the replacement of CFCs with HFCs, starting to protect the ozone layer of planet earth,
but ignoring the possible impact to global warming. Lorentzen describes sustainable solution for the
refrigeration sector focusing on systems applying natural working fluids. He concludes that three
proposed refrigerants are sufficient for long-term solutions; these are ammonia, propane and carbon
dioxide. Even if the forced change of refrigerants was seen as a costly problem, the perspective for
the refrigeration industry applying natural working fluids were foreseen good. Especially with respect
to the immense opportunities for engineers solving the technical issues and developing innovative
system concepts, which end-users are able to implement and achieve cost saving.
As summarised by Ciconkov (2018), there is still a long way to go and lots of time has been used
discussing endless phase down scenarios instead of focusing on a new approach: The phase in of
natural refrigerants. On the other hand, despite the limited support, tremendous development steps
within refrigeration systems applying natural working fluids happened during the past decades. As
an example, the entire supermarket sector nowadays takes responsibility and introduces
refrigeration equipment with natural working fluids globally, whenever local contractors are able to
support them. Reputation and safety of customers is very important in this sectors as well as energy
savings, leading to significant operational cost reductions. Within the heat pump market, hot water
heat pumps, applying CO2 as working fluid, are state of the art, too.
Due to the EU F-gas regulation and the Kigali amendment to the Montreal Protocol business as
usual for decades within the refrigeration and heat pump sector is finally not possible any more.
Currently there are three main groups of refrigerant in the market place, the saturated
hydrofluorocarbons, representing proposed substitutes from the chemical companies for CFC’s and
HCFC’s under the umbrella of the Montreal Protocol. Their initial advantage was to protect the ozone
layer, which was realised at a great success due to the Montreal Protocol. As the recovery of the
Ozone layer has rapidly stopped during the past years as recently discovered by Montzka et al.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2456

(2018), there are still issues for some countries to follow up international agreements and educating
their industries avoiding such huge and unnecessary emission. However, due the high Global
Warming Potential of the widely introduced HFCs, the churning of manmade refrigerants enters
nowadays into a new era. The unsaturated hydrofluorocarbons are now the preferred solution
provided by the chemical companies for all kind of applications. On the other hand, due to the intense
effort from researchers and scientists, nowadays, natural working fluids became real alternatives for
many application areas within the HVAC & refrigeration sector.
1.1.

Saturated Hydrofluorocarbons

Saturated single component hydrofluorocarbons do have a relative long atmospheric lifetime and a
corresponding high global warming potential. The mostly applied fluids were and are:
R-134a (CF3CH2F): This saturated HFC refrigerant is property wise comparable to R-22 and is widely
used in medium temperature refrigeration systems. It has a GWP100years of 1430 kgCO2/kgR-134a and it
is possible to use it for some time under the EU F-gas directive if the GWP quota system certificates
are in place for the supplier and end-user. It is non-flammable and classified in safety group A1.
R-152A (CHF2CH3): Property wise very similar to R-134a. It is mainly applied for blends, however, it
is being used more now mostly due to the low GWP100years of 124 kg CO2/kgR-152A. It is flammable
and classified in safety group A2.
R-32 (CH2F2): Property wise very similar to R134a. It is mainly applied for blends. Especially split AC
units apply nowadays R-32, mostly due to the reduce GWP100years of 675 kgCO2/kgR-32. It is flammable
and classified in the ASHRAE safety group: A2L.
Common hydrofluorocarbons blends, which are widely used:
•
R-404A (CF3CH3 / CF3CHF2 / CF3CH2F; GWP100years = 3922 kgCO2/kgR-404A)
•
R-507 (CF3CH3 / CF3CHF2; GWP100years = 3985 kgCO2/kgR-507 )
•
R-407C (CH2F2 / CF3CHF2 / CF3CH2F; GWP100years = 2107 kgCO2/kgR-407C)
•
R-410A (CH2F2 / CF3CHF2; GWP100years = 2088 kgCO2/kgR-410A)
When converting traditional HCFC plants these HFC blends are substitutes to eliminate ozone
depletion. However, all of them do have high GWP values, which limits their usage significantly in
the future. This is already the case in Europe where they are taken from the market, as no emission
quotas are reserved for such high GWP fluids anymore. The refrigerant suppliers forces the
manufactures and contractors to apply unsaturated hydrofluorocarbons or their blends with lower
GWP values.
1.2.

Unsaturated Hydrofluorocarbons

Unsaturated hydrofluorocarbons represent another kind of HFCs, which are potential replacements
for HCFCs and saturated HFCs. In general, unsaturated hydrofluorocarbons react more rapidly with
OH radicals and their atmospheric lifetimes is much shorter, as described by Hurley et al. (2008).
Due to their short lifetime, they do have lower global warming potentials than saturated
hydrofluorocarbons. Mostly applied are:
R-1234yf (CF3CF=CH2; GWP100years = 4 kgCO2/kgR-1234yf): This unsaturated HFC refrigerant does have
a chemical double bound and is a so-called hydro fluoro olefin (HFO). Its GWP value on a 100-year
perspective is low since atmospheric lifetime is very short (~11 days) and the double bound is
reacting with OH radicals present in the ambient. R-1234yf is defined as mildly flammable and
classified in the newly developed safety group A2L. The auto-ignition temperature is 405 °C.
CF3C(O)F is the major atmospheric oxidation product of R-1234yf. The atmospheric fate of
CF3C(O)F is hydrolysis, which occurs on a time scale of approximately 10 days, ending up as
CF3C(O)OH (trifluoroacetic acid = TFA) and HF (hydrogen fluoride)
•
The acidity of TFA is approximately 34,000 times stronger than that of acetic acid. TFA is
harmful when inhaled, causes severe skin burns and is toxic for water organisms even at
low concentrations. TLV (Threshold Limit Value) = 5 ppm; IDLH (Immediately dangerous
to life or health) = 30ppm.
•
Upon contact with moisture, including tissue, HF immediately converts to hydrofluoric
acid, which is highly corrosive and toxic, and requires immediate medical attention upon
exposure. Breathing in hydrogen fluoride at high levels or in combination with skin contact
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can cause death from an irregular heartbeat or from fluid build-up in the lungs. TLV =
3 ppm; IDLH = 30ppm.
The TLV, i.a. the maximum allowed concentration at a work place in Germany for R1234yf is 200
ppm.
R-1234ze(E) (CF3CH=CHF; GWP100years = 7 kgCO2/kgR-1234ze) This unsaturated HFC refrigerant has
also a chemical double bound. Exhibits flame limits at temperatures in excess of 28 °C. The autoignition temperature is 368 °C. When CF 3CH=CHF is reacting with OH radicals present in the
ambient, due to partly oxidation, both HC(O)F and CF 3CHO are formed
•
HC(O)F (Formyl fluoride): decomposes autocatalytically near room temperature to carbon
monoxide (CO) and hydrogen fluoride (HF)
•
2,2,2 –Trifluoroethanal: CF3CHO → photolysis → CF3 + HCO; CF3 + O2 → CF3O2 → COF2
COF2 -Carbonyl fluoride (Fluorophosgene) is extremely poisonous with a threshold limit value of 2
ppm for short-term exposure.
Example of blends:
R-513A (CF3CF=CH2/ CF3CH2F; GWP100years = 631 kgCO2/kgR-513A) & R-450A (CF3CH=CHF/
CF3CH2F; GWP100years = 605 kgCO2/kgR-450A) are blends of the R-1234yf and R-1234ze(E) with R134a. The refrigerants still exhibit non-flammable characteristics like R-134a and are classified in
the safety group A1 as long as it is inside the system. However, decomposition of the fluids takes
place as described for the single fluid when released into the ambient.
Decomposition takes also place when exposing these substances to hot surfaces, as experimentally
investigated (JSRAE, 2017). The researchers show that independent of the absolute humidity the
entire refrigerant concentration of 2.5 vol. % is decomposed on a hot surface of 600 °C and reaches
HF concentration of 1.5 vol. % HF (1.5 vol % =15 000 ppm) for R-1234yf and around 1 vol. % HF
(10 000 ppm) for R-32.
1.3.

Natural Working Fluids

Natural working fluids do have favourable thermodynamic and fluid properties enabling energy
efficient refrigeration system configurations. In addition, their environmental impact is well known
and safety standards are established.
R-717 (ammonia, NH3; GWP100years = 0): Ammonia has been used as a refrigerant during the last
140 years and is still widely used, especially for large industrial plants for food processing. It has
neither a global warming potential and is not depleting the Ozone layer. R-717 will not be restricted
under the F gas directive. Ammonia has very high latent heat and the refrigeration capacity per unit
mass flow is the highest of all refrigerants used in traditional vapour compression systems. Because
ammonia has low molar mass it can have much higher particle velocities than all other refrigerants
and therefore allows for small pipe sizes. It is important to avoid copper components, because
ammonia and water will corrode copper, zinc and their alloys. For example, ammonia and water will
destroy the copper windings of the electrical motor in a hermetic compressor. It is flammable and
toxic; therefore, it classifies for the safety group B2L and does require extra safety measures, similar
to the HFCs with a short lifetime described above. TLV (Threshold Limit Value) = 50 ppm. IDLH
(Immediately dangerous to life or health) = 300 ppm. It is necessary that the ammonia refrigeration
system is located in a separate room, that personnel is well trained and has appropriate safety
equipment available as for other flammable working fluids.
R-744 (carbon dioxide CO2; GWP100years = 1 kgCO2/kgR-744): Carbon dioxide is a working fluid in
refrigeration systems since the late 19th century. It disappeared from marine applications in the
1950’s mainly due to technical difficulties and the introduction of synthetic working fluids, operating
at lower working pressures. Engineers and researchers solved these technical difficulties nowadays
and there is a wide range of applications where CO2 is the preferred working fluid (freezing
applications, commercial refrigeration, hot water heat pumps, mobile AC and heat pumping units,
etc.) as described by Lorentzen (1995)..
R-744 is the only long-term non-flammable working fluid neither affecting the ozone layer nor
contributing to global warming. During production, no environmentally unfriendly emissions occur,
which is the reason for having the lowest direct environmental impact of all refrigerants. R-744 is the
only non-flammable, low-GWP single working fluid classified as A1. It is non-toxic and will not be
restricted under the F-gas directive. Independent on the concentration of oxygen in the air, the
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human lung needs to reject CO2 into the atmosphere; therefor the TLV is 5.000 ppm. The IDLH
threshold for CO2 is 40.000 ppm.
R-290 (propane, C3H8; GWP100years = 3 kgCO2/kgR-290): Propane is an example of another group of
natural working fluids, the hydrocarbons. It has a very low GWP. Systems with R-290 are in operation
globally since many years and is an energy efficient alternative to all HFCs. Currently it is widely
used within compact systems with low charges such as light commercial refrigeration equipment.
There are no charge limitations if these kinds of units applying hydrocarbons are located outdoors
in restricted areas, sufficient refrigerant charge to achieve the required capacities is possible even if
the equipment is located indoors when following existing standards and regulations. The major
disadvantage is the high flammability; therefore, hydrocarbons are all classified in the safety group
A3.

2. FAVOURABEL SYSTEM CONFIGURATIONS FOR NATURAL WORKING FLUIDS
This chapter highlights some examples of successful applications applying natural working fluids.
Some of them have gained a significant market share while others have a significant growth.
Ammonia units:
Traditionally ammonia refrigeration units are characterised by high capacity and high refrigerant
charges. The development focus in this sector is currently to enable low charge systems for a wide
range of applications, to increase the market shares in chillers, cooling & freezing units, Lamb (2017).
These so-called packaged systems reduce installation time, and enable smaller air-cooled units,
located close to the point of cooling.
Cold store applications are favourable for ammonia refrigeration, enabling significant annual energy
saving as described by Jensen et al. (2018)
In the northern part of Europe, marine installations, like refrigerated sea water coolers, are often
utilised with ammonia refrigeration systems. Cascade units with CO2 in the low stage, i.e. the freezing
part, are nowadays state of the art. This configuration is also successfully applied in low temperature
cold stores Hattori et al. (2019), it combines and strengthens the beneficial properties of these two
natural working fluids by eliminating the challenge of low evaporation temperatures for ammonia and
the high rejection temperatures for CO2 units.
Hydrocarbon units:
After the fall of the Berlin wall Greenpeace (1992) encouraged a company in the Easter part of
Germany to develop the first series of fridges, GreenFreez refrigerators, applying isobutene as
working fluid. Decades later this has become a global standard. Beside the introduced household
refrigeration devices like fridges and freezers, end-users of light commercial cabinets are also
requesting more and more units equipped with propane as working fluid. When following the
standards, there are no technical restrictions related to the required refrigerant charge for these units
located in sales areas. This is ongoing and more and more companies are following this trend, as
demonstrated by ‘Refrigerants, Naturally!’ the global, non-profit initiative of companies in the food
and drink, food service and consumer goods sectors, with the non-profit
In 2018, the ‘All Easy Series R-290’ residential single-split air conditioner from Midea were certified
by the German ecolabel "Blue Angel" for its ultra-low global warming potential (GWP), high energy
efficiency, low noise, and stringent material safety control. These units and other similar units, e.g.
developed by Godrej, will have a significant growth in the next years. End users will be aware of the
local risk and environmental impact. As nowadays flammable synthetic refrigerants are dominating
this market segment, there will be no restrictions to apply natural working fluids in the residential AC
and heat pumping market. The households are familiar with gas fired cooking equipment and do
have in many cases several natural gas cylinders in their storage places. Therefore, a RAC unit with
a relative low charge of propane, compared to the equipment in the kitchen, will not represent an
additional risk compared to flammable HFCs. When end user are aware of the additional risk of being
exposed to decomposition products and the unknown total environmental impact of the newly
introduce refrigerants, there will be a demand for alternative systems as developed by Midea, Godrej
and others.
Carbon Dioxide units:
As mentioned above, CO2 refrigeration applications are outperforming any other fluid in the
temperature range below -35 °C and above -55 °C with respect to energy efficiency, compactness
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and safety. Therefore, a tremendous increase in industrial refrigeration units are utilised within the
food- and processing industry. Even if the total amount of these kind of systems are low compared
to mass-produced units, their impact on food safety and quality is significant.
Commercial refrigeration systems with integrated AC are becoming a trend due to reduced
maintenance cost and the trust of end-users to apply natural working fluids all over the supermarket
building (Hafner 2014, 2016; Girotto, 2016). Fig. 1 shows the development of such an integrated
MultiPACK unit, able to provide all the required cooling for the products inside the supermarket. The
unit is equipped with a Multi Ejector and parallel compressors. In addition, the MultiPACK unit
supplies heating and cooling to several indoor air handling units (IAHU). In case of heating demand
inside the building, hot gas is supplied directly towards the IAHU’s. The individually flow rates are
controlled locally by feeding valves, located upstream of each IAHU. The cooled refrigerant enters
the high side pressure part of the Multi Ejectors. If the building requests cooling, liquid CO2 is supplied
towards the IAHU’s. The entire vapour of all IAHU’s is sucked by the AC-Ejectors, discharging it
towards the separator. The parallel / AC compressors maintain the pressure level of the separator,
i.e. providing the cooling capacity for the building.
In many cases, when existing building infrastructure has to be taken into consideration during a
refurbishment of a supermarket, AC needs to be integrated through a chilled water loop. Fig. 2 shows
the development of such an integrated MultiPACK unit with a standard Multi Ejector and parallel
compressors. Besides providing all the required cooling capacities for cabinets for chilled and frozen
products inside the supermarket, the unit is equipped with the innovative chiller. The liquid receiver
supplies liquid refrigerant towards the evaporators of the chiller producing cold process water. Two
evaporators absorb the heat from the process water at different evaporation pressure levels, which
reduces the exergy destruction of the process.

Figure 1: MultiPACK unit design with several individual indoor air handling units

The CO2 chiller part shown in Fig. 2 represents an innovative approach to adapt water chillers to the
properties of CO2. This concept can also be applied in an AC chiller / heat pump application. The
evaporators of the chiller part in combination with the Multi Ejectors allow an elevated suction
pressure of the (parallel) compressors. The first chiller sections is connected to the liquid receiver
tank at 42 bar (to ≈ +7 °C). The liquid refrigerant is supplied by gravity and allows the pre-cooling of
the process water at 12 °C. The second evaporator provides more cooling capacity, since it is able
to further reduce the temperature of the process water to 7 °C. The suction pressure inside the
second chiller evaporated is at 38 bar (to ≈ +3 °C), due to the usage of the Multi Ejectors, which are
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able to suck all the vapour out of the second evaporator and supply it back to the liquid receiver
where the (parallel) compressors maintain the pressure level. The pressure level inside the separator
can be adjusted to adapt the cooling capacity provided towards the building by the chilled water loop.
In case of additional heating demand during the cold season, an outdoor heat exchanger is able to
supply external heat via the second ejector, in this case acting as the Heat Pump (HP) ejector.

Figure 2: MultiPACK unit design with integrated AC chiller device and heat pump function

3. DISCUSSION
The preferred working fluid, when developing and introducing HVAC and refrigeration units should
have:
• a long term prospective,
• a well-known and understood environmental impact,
• enable an energy efficient operation of the units,
• highest possible safety class
This means that the working fluid should not be restricted under the F-gas regulation. Therefore,
none of the current HFC blends mentioned above are suitable choices. The safety classification is
also of critical importance when the refrigeration systems are intended to be in the public domain, a
part of mobile applications, e.g. marine vessels. Therefore, the use of R-152A, R-1234yf and R1234zeE are unlikely and only possible when thorough risk analysis and mitigations have been
made. The group of blends like R-513A and R-450A might have a potential short period in medium
temperature applications due to the relatively low GWP and A1 safety classification. However, as
indicated in the safety data sheet of the fluid suppliers, the ‘hazardous decomposition products may
include: Hydrogen fluoride, Carbon oxides Fluorinated hydrocarbons, Carbonyl fluoride’. The
question is if the end-user is willing to take the risk. Another problem is the complex chemical blend
and composition, the global availability, and the higher GWP relative to R-744 that makes these nonnatural working fluids less economical.
3.1.

Recommendation to Estimate the Environmental Impact of the HVAC&R Units

Total Equivalent Warming Impact (TEWI) is an established method within the refrigeration sector.
TEWI measures the global warming impact of a HVAC&R system by quantifying the amount of
greenhouse gasses a unit emits. TEWI does not account for the energy embodied in product
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materials, greenhouse gas emissions from chemical manufacturing and end of life disposal of the
unit.
Therefore, a life cycle climate performance (LCCP) approach should be established for all
refrigeration applications. LCCP is well established for commercial HVAC&R units and mobile air
conditioning (MAC) units. This transparent method describing the environmental impact of systems
allows an evaluation of alternative systems. LCCP can also account for minor emission sources that
are not accounted for in TEWI such as transportation leakage, manufacturing leakage and refrigerant
manufacturing emissions. LCCP is calculated as the sum of direct and indirect emissions generated
over the lifetime of the refrigeration system. Direct emissions include all effects from the release of
refrigerants into the atmosphere. This includes annual leakage and leakage during the disposal of
the unit. The indirect emissions include emissions from the manufacturing process, energy
consumption during operation and disposal of the system. LCCP allows to describe the
environmental impact of the HVAC&R units based on transparent input parameters like system
performance data at various load conditions and heat rejection temperatures. A single focus on GWP
values doesn’t inform the end-user about the real environmental impact of a working fluid and system
configuration.
3.2.

Natural Working Fluids

Ammonia (R-717) is an approved natural working fluid for industrial and maritime refrigeration
system. The system architectures for ammonia units are understood, challenges with suction
pressures below atmospheric pressure at low evaporation temperatures (> -33.5 °C) are known,
while handling safety issues (classified as B2L) is standard.
Home appliances, like fridges and freezers and light commercial refrigeration equipment should only
apply hydrocarbons as the working fluid. A fast market introduction of hydrocarbon based split AC
and heat pumping units should be promoted, eliminating the dependency of local markets to import
HFCs as most countries do have sources and the ability to handle hydrocarbons. This would
significantly improve the energy efficiency within these sectors and eliminate any Fluor emission with
all they unknown decomposition products.
Previously CO2 refrigeration equipment was not available in the capacity range required for fishing
vessels, however, the component manufactures do see the market potential and more large capacity
equipment enters the market. For maritime refrigeration applications globally CO2 should become
the preferred choice, whenever ammonia units cannot be applied.

4. SUMMARY AND CONCLUSION
Safety of service people and end-users should have the highest priority, followed by the total
environmental impact when evaluation alternative working fluids within the refrigeration and heat
pumping sector. A low GWP values does not necessarily mean that fluids are superior and the best
available choice. As Gustav Lorentzen said, it is not logical to replace a harmful substance with
another substance which total environmental impact is still unknown. Therefore, the refrigeration
society has to take responsibility and phase in natural working fluids whenever it is possible.
Ammonia is one option mainly for large industrial applications. In addition due to packaged designs,
low charge systems are state of the art, enabling to apply these units as chillers and refrigeration
units in many locations. In combination with CO2, as the working fluid in the low temperature part of
a cascade unit, such units are superior when storage or process temperatures below -45 °C are
required in high ambient temperature regions.
Propane will play an important role, within the next years, replacing most of the HFCs applied in split
AC and heat pumps units today.
A remarkable development of CO2 refrigeration technology has taken place since the revival of the
refrigerant in the late 1980s. The development has led to efficient CO2 systems and their successful
introduction into the market. Additionally, it inspired the development of other innovative technologies
that focus on improving the energy efficiency and reducing the total cost of ownership.
The integration of expansion work recovery devices like ejectors allows today’s CO2 commercial
refrigeration systems to outperform HFC units on annual energy consumption in any climate region.
The integration of further functions like chilling of process water or direct evaporation for AC purpose
into the centralised refrigeration unit is a key success factor for these sustainable vapour
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compression systems replacing HCFC and HFC systems globally. CO2 chillers can be applied where
units with flammable refrigerants cannot be used.
The designers and engineers spreading CO2 technology should remember when designing all of the
integrated functions, that the fluid properties are an asset, not a hindrance. Therefore, all CO2
evaporators should be operated without superheat, heat recovery should be employed whenever
there is a heat demand and domestic hot water production should be a natural feature of the systems.
The described innovations will further simplify CO2 systems in the near future.
Training and knowledge transfer is the key for a successful and fast phase in of CO2 refrigeration
units globally. Therefore, also World Bank and multi-lateral funds should support global education,
training and certification as well as covering additional first costs with affordable loans (no interest
rate), so the end-users can return the loan during the operational phase, since the new energy
efficient system gives them a significant energy / cost saving.
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ABSTRACT
The refrigerating machine is considered as a system of closed pipelines of various diameters, which
enables the excitation of thermodynamic processes in them by moving working body. The method
of the on-site determination of the refrigerating machine efficiency based on the two temperature
sensors data processing has been elaborated and the device for real time testing of refrigerating
machine during one cycle of its operation has been created. Such assessment does not contradict
the physical meaning of the concept of efficiency. The developed method and device can be used
to indirect determination of the losses in the refrigerating machine as well as the type of
refrigerant in the system without the need for refrigerating machine unsealing for extraction and
laboratory analysis of the refrigerant, which is relevant during refrigerators routine servicing and
vitally important for the environmental concerns solution.
Keywords: Refrigerating machine, Efficiency, Temperature, Heat, Mathematical model, Time
constant, COP.

1. INTRODUCTION
The refrigerating machine (RM) is considered as a device providing the possibility of initiating in it a
closed process of refrigerant aggregation state changing and refrigerant flowing in a sealed singlecircuit piping system with tubes of various cross sections and volume. As a result we can observe
decrease and increase in temperature in the individual sections of this piping system.
As the working fluid (refrigerant) in the RM serves the substance capable to alter its phase state
(vapor - liquid) in dependence of pressure. In the considered single-circuit system of RM, the
compressor increases the pressure of the refrigerant in the condenser and lowers it in the
evaporator. The pressure difference ensures the movement of the refrigerant in the pipelines. The
condenser realizes the phase transition of the refrigerant from the vapor to liquid state. The
evaporator creates the condition for its boiling and stimulates the cooling process. The throttle capillary tube - adjusts the amount of refrigerant (depending on its overheating) in the evaporator.
Basic principles for the evaluation of energy efficiency of complete refrigerating system have already
been specified as well as coefficients for calculation of energy efficiency of its components (e.g.
VDMA 24247-2; 24248). Electrical coefficient of performance is one of the power parameters of the
RM capacity. It is equal to the ratio of heat transferred to the evaporator to the electric energy
consumed by the compressor motor. The determination of the extracted heat is technically complex
task, the solution of which is still relevant. Some other parameters of RM energy efficiency are also
known (Arnemann, 2012). But for refrigerators of different types they give comparable results only
under the same loads in cooling systems and at certain boiling points and condensation of the
refrigerant. Based on the fact that the performance energy ratio or COP gives an integrated
assessment of RM and does not allow evaluating the performance of its individual components,
alternative relative parameters are being developed (Preuss, 2011). The integral assessment of the
refrigerating machine energy efficiency implies a multiplicative convolution of relative parameters
within the system between operating temperature and ambient one. Using of the differentiated
approach in assessing of the RM energy efficiency is the most complex task.
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2. METHOD OF INDIRECT DETERMINATION OF REFRIGERATOR

COMPONENTS EFFICIENCY

The temperature of the evaporator (freezer compartment) is set by the vapor pressure of the
refrigerant. At a constant rate of liquid refrigerant flow from the condenser to the evaporator the
longer operation period of the compressor will decrease the vapor pressure. If it is not necessary to
reduce the temperature in the evaporator to the lowest forced value 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 , the compressor is
stopped when the desired cooling temperature is reached in the freezer compartment 𝜃𝐹𝑅 . When the
compressor is running, the vapors of the expanding refrigerant in the evaporator take away the heat
𝑄2 = 𝑄𝐹𝑅 + 𝑄𝐶𝐴𝐵 from the cooling objects in the freezer compartment. To perform the reverse Carnot
cycle, electrical energy is supplied to the compressor from an external power source.
2.1.

The Purpose and Method of Research

The aim of the work is to develop a method for indirect determination of the efficiency of RM
components, using the example of its freezer compartment at a constant heat load, as the basis of
a differentiated approach for an integrated indicator of the overall performance of refrigerator
operation and one that is based on the results of temperature readings testing during one
compressor operation steady state.
The heat load is considered as the ratio of the real heat gain into the evaporator to the maximum

Figure 1: One cycle of temperature dependences in the refrigerating cabinet 𝜽𝑪𝑨𝑩 and freezer
𝜽𝑭𝑹 compartments of the nominally loaded household refrigerator NORD-237 in the steady
state operation mode

possible heat gain, to which the forced heat exchange process without shutting down the compressor
corresponds. The subject of the research is the household refrigerator NORD-237 [6].
The experimentally obtained temperature dependences in the reference points inside the
refrigeration cabinet 𝜃𝐶𝐴𝐵 and freezer 𝜃𝐹𝑅 compartments of the NORD-237 refrigerator which display
weighted averages of their values are given in Figure 1. The monitoring was carried out in a heatinsulated box at a temperature of 37 ºС according to the method and instruments described in
Baydak (2011). Duration of one cycle of compressor operation is 90 minutes. Two TCN-75 sensors
manufactured by Dallas Semiconductor with 0.25 º С sensitivity were used.
Figure 1 shows that the heat supplied to the freezer compartment evaporator 𝜃𝐹𝑅 and to the
refrigerating cabinet 𝜃𝐶𝐴𝐵 , is proportional to the surface areas formed by the temperatures 𝜃0𝐹𝑅 ,
𝜃0𝐶𝐴𝐵 at the beginning of the compressor operation cycle and by their changing values during the
cycle, i.e. by temperature dependencies 𝜃𝐹𝑅 = 𝑓(𝑡) и 𝜃𝐶𝐴𝐵 = 𝑓(𝑡). The areas of these surfaces 𝑓𝐹𝑅
and 𝑓𝐶𝐴𝐵 , that are equal to the product of temperature, time and scales 𝑚𝑡 , (𝑠/𝑚𝑚), 𝑚𝜃 , (ºС/𝑚𝑚)
along the respective axes, can be written as 𝑓𝐹𝑅 𝑚𝑡 𝑚𝜃 и 𝑓𝐶𝐴𝐵 𝑚𝑡 𝑚𝜃 . For the general case, they are
equal to a certain integral of temperature dependences.
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An alternative to the method of indirect determination of the energy efficiency of the components of
the RM, based on experimental dependences of temperature, can be a numerical method for
constructing temperature dependences 𝜃𝐹𝑅 = 𝑓(𝑡) и 𝜃𝐶𝐴𝐵 = 𝑓(𝑡) based on solving the heat balance
equations.
2.2. Evaporator Heat Balance Equations
The system of equations of evaporator heat balance, on the example of the freezer compartment,
for one compressor operation cycle in a steady state mode for the operation time ∆𝑡𝑜р and nonoperation time ∆𝑡𝑠𝑡 , looks like:
𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 +
−
= 𝑘𝑜𝑝 𝐹(𝜃0𝐹𝑅 − 𝜃𝐹𝑅 )𝑑𝑡 − ( 𝐺𝐿𝑅 с𝐿𝑅 + ) 𝑑𝜃𝐹𝑅 = 𝑄0 𝑑𝑡,
+𝐺𝑉𝑅 с𝑉𝑅
𝐺
с
+ 𝐺𝐿𝑅 с𝐿𝑅
′ − 𝑑𝑄 " = 𝑘 𝐹(𝜃
𝑑𝑄𝑠𝑡
− 𝜃𝐹𝑅 )𝑑𝑡 − ( 𝑚𝑒𝑡 𝑚𝑒𝑡
) 𝑑𝜃𝐹𝑅 = 0,
𝑠𝑡
0𝐹𝑅
𝑠𝑡
+𝐺𝑉𝑅 с𝑉𝑅
{
′
𝑑𝑄𝑜𝑝

"
𝑑𝑄𝑜𝑝

Eq. (1)

To solve the equations, the following values must be known: 𝑘𝑜𝑝 , 𝑘𝑠𝑡 - coefficients of heat transfer
to the evaporator and its heat exchange surface area 𝐹; the initial and current values of the
temperature in the freezer compartment 𝜃0𝐹𝑅 , 𝜃𝐹𝑅 = 𝑓(𝑡); weight 𝐺𝑚𝑒𝑡 and specific heat capacity of
the metal of the evaporator с𝑚𝑒𝑡 ; weight of the liquid refrigerant 𝐺𝐿𝑅 and its vapors 𝐺𝑉𝑅 , as well as
their specific heat capacities с𝐿𝑅 и с𝑉𝑅 . Compressor performance can be represented by a linear
approximation of the form 𝑄0 (𝜃𝐹𝑅 ) = 𝐴 + 𝐵𝜃𝐹𝑅 .
To re-arrange heat balance equations to the form
𝑑𝜃

−(𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 + 𝐺𝐿𝑅 с𝐿𝑅 + 𝐺𝑉𝑅 с𝑉𝑅 ) 𝑑𝑡𝐹𝑅 − 𝑘𝑜𝑝 𝐹𝜃𝐹𝑅 = 𝑄0 𝑑𝑡 − 𝑘𝑜𝑝 𝐹𝜃0𝐹𝑅
{
𝑑𝜃
(𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 + 𝐺𝐿𝑅 с𝐿𝑅 + 𝐺𝑉𝑅 с𝑉𝑅 ) 𝐹𝑅 + 𝑘𝑠𝑡 𝐹𝜃𝐹𝑅 = 𝑘𝑠𝑡 𝐹𝜃0𝐹𝑅
𝑑𝑡

Eq. (2)

the roots of the characteristic equations will be equal to:
𝑝𝑜𝑝 =

𝑝
−0,5[𝑄0 (𝜃0𝐹𝑅 ) + 𝑄0 (𝜃𝐹𝑅 )] − 𝑘𝑜𝑝 𝐹 −𝑄𝑔𝑒𝑛 − 𝑘𝑜𝑝 𝐹
=
,
𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 + 𝐺𝐿𝑅 с𝐿𝑅 + 𝐺𝑉𝑅 с𝑉𝑅
𝐺𝑐

𝑝𝑠𝑡 =

−𝑘𝑠𝑡 𝐹
−𝑘𝑠𝑡 𝐹
=
.
𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 + 𝐺𝐿𝑅 с𝐿𝑅 + 𝐺𝑉𝑅 с𝑉𝑅
𝐺𝑐

Complete solutions of the heat balance equations with the compressor on and off will take the form
𝜃𝐹𝑅 = 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − (𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃0𝐹𝑅 )𝑒 𝑝𝑜𝑝𝑡 ,

Eq. (3)

𝜃𝐹𝑅 = 𝜃0𝐹𝑅 − (𝜃0𝐹𝑅 − 𝜃𝐹𝑅 )𝑒 𝑝𝑠𝑡 𝑡 .

Eq. (4)

To simplify the task, the addends in the roots of the characteristic equations are determined only
through the mass and specific heat of the evaporator metal 𝐺𝑐 = 𝐺𝑚𝑒𝑡 с𝑚𝑒𝑡 , as the most significant
in their total amount. This simplification theoretically allows taking into account the heat gain in the
evaporator during the time ∆𝑡𝑜р + ∆𝑡𝑠𝑡 of one cycle of operation of the RM in the form:
𝑡

𝑡

𝑄𝑜𝑝 = 𝑘𝑜𝑝 𝐹(𝜃0𝐹𝑅 − 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 ) ∫0 𝑜𝑝 𝑑𝑡 − 𝑘𝑜𝑝 𝐹(𝜃0𝐹𝑅 − 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 ) ∫0 𝑜𝑝 (𝜃0𝐹𝑅 − 𝜃𝐹𝑅 ) 𝑒 𝑝𝑜𝑝 𝑡 𝑑𝑡 =
1

𝑘𝑜𝑝 𝐹(𝜃0𝐹𝑅 − 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 ) [𝑡𝑜𝑝 − 𝑝 (𝜃0𝐹𝑅 − 𝜃𝐹𝑅 )(1 − 𝑒 𝑝𝑜𝑝 𝑡𝑜𝑝 )],
𝑜𝑝

𝑡

𝑄𝑠𝑡 = 𝑘𝑠𝑡 𝐹 ∫0 𝑠𝑡 (𝜃0𝑀𝑂 − 𝜃𝑀𝑂 )𝑒 𝑝𝑠𝑡 𝑡 𝑑𝑡 =

Eq. (5)
𝑘𝑠𝑡 𝐹
(𝜃0𝑀𝑂
𝑝𝑠𝑡

− 𝜃𝑀𝑂 )(1 − 𝑒 𝑝𝑠𝑡 𝑡𝑠𝑡 ).
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Generally, heat is taken from the freezer compartment with refrigerant steam:
𝑄𝐹𝑅 = 𝑄𝑜𝑝 + 𝑄𝑠𝑡 .

Eq. (7)

The disadvantage of numerical analysis of heat transfer in case of determining the energy efficiency
of components is the lack of information on the electrical energy A, required for heat removal.
2.3. Mathematical Model of Indirect Method of Determining Energy Efficiency from the
Results of Temperature Testing
Right parts of Eq. (5) и Eq. (6) show that the heat gain into the evaporator over time 𝑡 is equal to
the product of thermal conductivity 𝑘𝑝,с 𝐹 and aperiodic thermal heads 𝜃0𝐹𝑅 − 𝜃𝐹𝑅 , 𝜃0𝐹𝑅 − 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 . For
a temperature dependence constructed according to the results of calculations, testing or monitoring,
this product can be obtained by numerical calculation of the temperature dependence of the
integrand surface area. In the time interval of 500 - 1000 seconds (Figure 2), the area is equal to
∗ 𝑚 𝑚 . When monitoring or testing
𝑓𝐹𝑅 𝑚𝜃 𝑚𝑡 , in the time interval of 3000 - 3500 seconds - 𝑓𝐹𝑅
𝜃 𝑡
temperature with virtual, multimedia tools (Baydak, 2011), the results can be multiplied and summed
up in time by a microprocessor device, in the form of
𝑡

𝑡

∗
𝑄𝐹𝑅 = 𝑄𝑜𝑝 + 𝑄𝑠𝑡 = 𝑘𝑜𝑝 𝐹 ∑0𝑜𝑝 𝑓𝐹𝑅 𝑚𝜃 𝑚𝑡 + 𝑘𝑠𝑡 𝐹 ∑0𝑠𝑡 𝑓𝑀𝑂
𝑚 𝜃 𝑚𝑡 .

Eq. (8)

To build the mathematical model and algorithm of indirect method for evaporator energy efficiency
calculating based on the results of temperature testing and on Eq. (8) , it is necessary to know:
- time intervals ∆𝑡 of temperature testing 𝜃𝐹𝑅 at the reference point of the evaporator;
- forced temperature value 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 in the evaporator of freezer compartment (refrigerant boiling
point);
1
1
- cooling time constants during operation 𝜏𝑜𝑝 = − 𝑝 and non-operation 𝜏𝑠𝑡 = − 𝑝 phases of the
𝑜𝑝

𝑠𝑡

compressor;
- heat transfer coefficients in the evaporator during operation and non-operation phases 𝑘𝑜𝑝,𝑠𝑡 =
𝑓(𝜃𝐹𝑅 ) of the compressor;
- surface area of the evaporator 𝐹 (catalog value).

Figure 2: To the calculation of the cooling time constant and the forced
temperature in the freezer compartment when the compressor is running

Theoretical dependence of the temperature of the freezer compartment at the beginning of the
cooling cycle with a non-zero initial condition 𝜃𝐹𝑅 = 𝜃0𝐹𝑅 , determined by the thermostat is given in
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Figure 2. Temperature 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 ≤ 𝜃𝐹𝑅 ≤ 𝜃0𝐹𝑅 over the entire change interval has an exponential
dependence
𝜃𝐹𝑅 = 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 (1 − 𝑒

𝑡

−𝜏

𝑜𝑝

) + 𝜃0𝐹𝑅 𝑒

−𝜏

𝑡

𝑜𝑝

Eq. (9)

.

Differentiating Eq. (9), we establish the dependence of the temperature change on the time of the
transition process
𝑑𝜃𝐹𝑅
𝑑𝑡

1

= − 𝜏 (𝜃𝑓𝑜𝑟𝑐𝑒𝑑 𝑒

−𝜏

𝑡

𝑜𝑝

𝑜𝑝

− 𝜃0𝐹𝑅 𝑒

−𝜏

𝑡

𝑜𝑝

Eq. (10)

).

From the same Eq. (9) we express the free component of the constrained temperature

𝜃𝑓𝑜𝑟𝑐𝑒𝑑 𝑒

−𝜏

𝑡

𝑜𝑝

= 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃𝐹𝑅 − 𝜃0𝐹𝑅 𝑒

−𝜏

𝑡

𝑜𝑝

.

Eq. (11)

After substitution of Eq. (11) in Eq. (10) we obtain an expression of the form
𝑑𝜃
−𝜏𝑜𝑝 𝑑𝑡𝐹𝑅

= 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃𝐹𝑅 + 𝜃0𝐹𝑅 𝑒

−𝜏

𝑡

𝑜𝑝

𝑡

− 𝜃0𝐹𝑅 𝑒

−𝜏

𝑝

= 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃𝐹𝑅 ,

from which the temperature of the freezer compartment in the function of its rate of change
the form of linear dependence
𝜃𝐹𝑅 = 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜏𝑜𝑝

𝑑𝜃𝐹𝑅
.
𝑑𝑡

𝑑𝜃𝐹𝑅
𝑑𝑡

takes

Eq. (12)

Accordingly, the time constant of reducing the temperature of the freezer compartment in general
will be
𝜏𝑜𝑝 =

𝜃𝑓𝑜𝑟𝑐𝑒𝑑 −𝜃𝐹𝑅
𝑑𝜃𝐹𝑅
𝑑𝑡

,

Eq. (13)

or numerically
𝜏𝑝 = (𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃𝐹𝑅𝑖 )

(𝑡𝑖 −𝑡𝑖−1)
(𝜃𝐹𝑅𝑖 −𝜃𝐹𝑅𝑖−1 )

Eq. (14)

.

According to three temperature values 𝜃0𝐹𝑅 , 𝜃𝐹𝑅1 и 𝜃𝐹𝑅2 , obtained at equal intervals of time, in the
Figure 2 the linear dependence of Eq. (12) has been built, the intersection points of which with the
axes of coordinates graphically determine the forced temperature 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 and the cooling time
constant 𝜏𝑜𝑝 . For their analytical definition, we use the triangle abf, formed by the linear dependence
Eq. (12) with the time axis 𝑡, namely, we calculate:
1. The leg of the triangle corresponding to the weakening of the process of an exponential decrease
in the rate of temperature change over a time interval ∆𝑡 = 𝑡1 − 𝑡0 after the start of cooling
̅̅̅
𝑎𝑏 =

𝜃𝐹𝑅1 −𝜃0𝐹𝑅
∆𝑡

−

𝜃𝐹𝑅2 −𝜃𝐹𝑅1
∆𝑡

=

2𝜃𝐹𝑅1 −𝜃0𝐹𝑅 −𝜃𝐹𝑅2
∆𝑡

Eq. (15)

and the slope of the linear dependence Eq. (12)
𝜑 = tan−1

𝜃𝐹𝑅2 −𝜃𝐹𝑅1
;
̅̅̅̅
𝑎𝑏
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2. The segment of reducing the rate of decrease in temperature after the first measurement
𝜃 1 −𝜃0𝐹𝑅
̅̅̅
𝑐𝑑 = 𝐹𝑅tan
=
𝜑

(𝜃𝐹𝑅 −𝜃0𝐹𝑅 )
(𝜃𝐹𝑅2 −𝜃𝐹𝑅1 )

∙ ̅̅̅
𝑎𝑏;

Eq. (17)

3. The ratio of a forced temperature in the freezer compartment for cooling time constant
𝜃𝑓𝑜𝑟𝑐𝑒𝑑
𝜏𝑜𝑝

= ̅̅̅
𝑐0 =

𝜃𝐹𝑅1 −𝜃0𝐹𝑅
∆𝑡

+ ̅̅̅
𝑐𝑑 ;

Eq. (18)

4. The slope of the linear dependence Eq. (12)
tan 𝜑 =

𝜃𝑓𝑜𝑟𝑐𝑒𝑑 −𝜃0𝐹𝑅

Eq. (19)

𝜃𝑓𝑜𝑟𝑐𝑒𝑑
𝜏𝑜𝑝

and the forced temperature in the freezer compartment (the boiling point of the refrigerant)
𝜃𝑓𝑜𝑟𝑐𝑒𝑑 = 𝜃0𝐹𝑅 +

𝜃𝑓𝑜𝑟𝑐𝑒𝑑
𝜏𝑜𝑝

Eq. (20)

tan 𝜑;

5. Cooling time constant by the Eq. (13)
𝜏𝑜𝑝 =

𝜃𝑓𝑜𝑟𝑐𝑒𝑑 −𝜃𝐹𝑅
𝑑𝜃𝐹𝑅
𝑑𝑡

Eq. (21)

.

and the coefficient of heat transfer to the evaporator
𝑘𝑜𝑝 =

𝐺𝑚𝑒𝑡. с𝑚𝑒𝑡.
.
𝜏𝑜𝑝 𝐹

Eq. (22)

Similarly is determined the coefficient of heat transfer to the evaporator during standstill of the
compressor
𝐺𝑚𝑒𝑡. с𝑚𝑒𝑡.
.
𝜏𝑠𝑡𝐹

𝑘𝑠𝑡 =

Eq. (23)

and heat gain to the evaporator by the expression Eq.(8)
𝑡

𝑄𝐹𝑅 = 𝑄𝑜𝑝 + 𝑄𝑠𝑡 = 𝑘𝑜𝑝,𝑠𝑡 𝐹 ∫0 𝑜𝑝

+𝑡𝑠𝑡

(𝜃𝐹𝑅 − 𝜃0𝐹𝑅 ) 𝑑𝑡.

Eq. (24)

Based on the mathematical model of the method, as an indicator of the energy efficiency of the
freezer compartment can be taken the ratio of the real heat gain to the evaporator 𝑄𝐹𝑅 = 𝑄𝑜𝑝 + 𝑄𝑠𝑡
to its maximum value 𝑄𝐹𝑅𝑚𝑎𝑥 , to which corresponds fast temperature reduction up to the forced value
𝜃𝐹𝑅 = 𝑓(𝑡) = 𝜃𝑓𝑜𝑟𝑐𝑒𝑑 from the moment the compressor is turned on and during the operation time 𝑡𝑝
it does not change. When the compressor stops, the forced temperature takes an initial nonzero
value 𝜃𝐹𝑅 = 𝑓(𝑡) = 𝜃0𝐹𝑅 and does not change over the time 𝑡𝑠𝑡 . Based on them, the maximum heat
gain to the evaporator from the object of cooling during the compressor cycle time, at a sudden
change in temperature in the freezer compartment to forced values, will be
𝑡

𝑄𝐹𝑅𝑚𝑎𝑥 = 𝑘𝑜𝑝 𝐹 ∫0 𝑜𝑝(𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃0𝐹𝑅 ) 𝑑𝑡 = 𝑘𝑜𝑝 𝐹(𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃0𝐹𝑅 )𝑡𝑜𝑝 .

Eq. (25)

Using Eq.(24) and Eq.(25), the energy efficiency of the freezer compartment is estimated by the
coefficient of efficiency
𝜂=𝑄
2.4.

𝑄𝐹𝑅

𝐹𝑅𝑚𝑎𝑥

.

Eq. (26)

Approbation of Method of Energy Efficiency Determination
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The calculation of the energy efficiency index of the freezer compartment as well as any other
component of the refrigerator begins when the compressor is turned on and is performed at regular
intervals of time ∆𝑡 by measuring temperature values at the beginning 𝜃𝐹𝑅,𝑖=1 and at the end 𝜃𝐹𝑅,𝑖+1 ,
Figure 1. Based on the measured temperature values at each time interval = 1, … (𝑡𝑜𝑝 + 𝑡𝑠𝑡 )/∆𝑡 ,
the following values are calculated:
- the average temperature value, Figure 1
Eq. (27)

∆𝜃𝐹𝑅.𝑚𝑖𝑑,𝑖 = 0,5(𝜃𝐹𝑅.𝑖+1 + 𝜃𝐹𝑅.𝑖 );

- the area of the integrand surface of temperature dependence at its natural and forced change
𝑓

𝐹𝑅
,𝑖
𝐹𝑅𝑚𝑎𝑥

∆𝑡

𝑚𝑡 𝑚𝜃 = 3600 ∑𝑖1(𝜃

𝐹𝑅
.𝑚𝑖𝑑,𝑖
𝐹𝑅𝑚𝑎𝑥

Eq. (28)

− 𝜃0𝐹𝑅 );

- forced temperature value in the freezer compartment Eq. (15 ... 20) and the cooling time constant
𝜏𝑜𝑝,𝑠𝑡 = (𝜃𝑓𝑜𝑟𝑐𝑒𝑑 − 𝜃𝐹𝑅𝑖 ) (𝜃

∆𝑡𝑖

𝐹𝑅,𝑖 −𝜃𝐹𝑅,𝑖−1 )

;

Eq. (29)

- heat transfer coefficients in the evaporator during operation and stoppage of the compressor
𝑘𝑜𝑝,𝑠𝑡 =

𝐺𝑚𝑒𝑡. с𝑚𝑒𝑡.
,
𝜏𝑜𝑝,𝑠𝑡 𝐹

Eq. (30)

- heat gain to the evaporator, maximum heat gain and energy efficiency of the freezer compartment
in terms of coefficient of efficiency are calculated by the expressions Eq. (8), Eq. (24) and Eq. (26).
The closer the value of efficiency to 1, the more efficient the freezer compartment of the tested
refrigerator works. The approbation of the indirect method of determining the energy efficiency in
terms of the efficiency of a nominally loaded freezer compartment of the NORD-237 refrigerator was
performed using an analyzer, the description of which is given in (Baydak, 2011)
Table 1. Performance indicators of the refrigerator freezer compartment operation

t,

sec

500

FRmid,

 forced,

Eq. (27)

-20,5

ºС

p,

kop,st,

QFR,

QFRmax,



Eq. (22)

Eq. (24)

Eq. (25)

8,6

-49,87

-83,17

Eq. (20)

sec.

Eq. (21)

W/(m2 ºС)

-29,5

186,3

ºС

W·h

Eq. (26)

COP,
-

Eq. (31
)

COPmax
-

0,6

1,25

2,08

W·h

-

Eq. (31)

For shown in Figure 1 results of monitoring the temperatures in the freezer compartment of the
refrigerator and at the selected time interval ∆t = 500 sec, the indicators of the efficiency of its work
are summarized in Table 1. Since, simultaneously with monitoring the temperature of the refrigerator
freezer compartment, during one cycle of compressor operation, the active power of its engine and
the consumed electrical energy 𝑊 = 40𝑊 · ℎ were recorded, the thermal load or the real and
maximum possible electrical coefficient of performance can be calculated
𝐶𝑂𝑃 =

3.

|𝑄𝐹𝑅 |
𝑊

,

𝐶𝑂𝑃𝑚𝑎𝑥 =

|𝑄𝐹𝑅𝑚𝑎𝑥 |
𝑊

.

Eq. (31)

CONCLUSIONS

The developed mathematical model and the algorithm of the indirect method for determining the
energy efficiency of the freezer compartment are invariant for any component of refrigerating system
(e.g. in domestic refrigerator) and complement the well-known methods of a differentiated approach
to the integral assessment of the energy efficiency of the refrigerating system. The method allows
adequate assessing the potential for improvement, reducing energy costs in refrigerators as well as
conducting of an accurate comparative analysis and classification of the systems used in them. The
forced temperature value is an exact characteristic of the properties of the used refrigerant (boiling
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point) and may be used to determine its type indirectly. The coefficient of heat transfer to the
evaporator, calculated taking into account the actual temperature change, significantly increases the
adequacy of the proposed method compared to existing methods. The considered method and the
testing and monitoring devices used do not require intervention in a hermetic refrigerating system,
which makes them useful for servicing of any domestic refrigerators.

NOMENCLATURE
t

time

Gmet.
cmet

compressor running time, compressor
stoppage time (sec.)
evaporator weight (kg)
specific heat of evaporator metal

𝜃𝑓𝑜𝑟𝑐𝑒𝑑

forced temperature in the freezer (º С)

FR

initial temperature
compartment (º С)

top,tst

dQ’op,st heat gain to evaporator (W·sec)
dQ’’op,st heat accumulated in the evaporator
(W • s)
QFR
heat accumulated by the evaporator
in a natural way (W • s)
QFRmax heat accumulated by the evaporator
in a forced way (W • s)

in

the

freezer
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ABSTRACT
In this paper, the effect of the operating frequency on the cooling span of a reciprocating magnetic
refrigeration system, with granular gadolinium (Gd) of particle size 0.3-0.5 mm used as
magnetocaloric material, was investigated. The hot and cold end temperatures of an active magnetic
regenerator (AMR) were measured over time for different operating frequencies (0.07 Hz, 0.12 Hz,
0.16 Hz, 0.19 Hz and 0.22 Hz) under a constant magnetic field of 1.5 T generated by a permanent
magnet. The results showed that the temperature difference between the hot and cold ends
increased with the operating frequency increase. Besides, the maximum refrigeration temperature
of the system was 12.8 °C for an operating frequency of 0.22 Hz.
Keywords: Magnetic Refrigeration, Magnetocaloric Effect, Magnetocaloric Material, Gadolinium,
Magnetic Field, Frequency, Room Temperature.

1. INTRODUCTION
The growing need for industrial refrigeration and air conditioning requires an increasing use of twophase thermal systems with mechanical vapour compression. Nevertheless, these thermal systems
have the disadvantage of operating with refrigerants, which often have a negative impact on the
ozone layer and/or a significant contribution to the greenhouse effect. The quality of the new
environmentally friendly refrigerants will probably be to the detriment of the energy performance or
the stability of these thermal systems. It is therefore important to search for new cold production
solutions ensuring high energy efficiency and low environmental impact. In this context, the magnetic
refrigeration technology, based on the magnetocaloric effect (MCE) of magnetic materials, appears
as a potentially viable solution (Russek and Zimm, 2006; Sari and Balli; 2014; Mezaal et al., 2017).
Since the theoretical optimal coefficient of performance (COP) of magnetic refrigeration systems is
of the same order as that of two-phase thermal systems with mechanical vapour compression and
their operation occurs with solid materials coupled with water, the possibilities seem to fit with the
current requirements. In addition, this new technology operates at low pressure and frequency
(between 1 and 10 Hz instead of 50 Hz for conventional technology), which is positive for the security,
the maintenance cost, the noise and the lifetime.
The MCE is a physical phenomenon that occurs in magnetic materials under the influence of a
varying magnetic field (Warburg, 1881; Weiss and Picard, 1917; Smith, 2013; Zemansky, 1981). It
is usually expressed as an adiabatic temperature change (Tad) or an isothermal total entropy
change (Stot) of a magnetic material. In the absence of a magnetic field (H=0), the magnetic
moments in the material are disordered (Fig. 1a). If a magnetic field is applied to the material (H>0),
the magnetic moments will be forced to align in a higher order (Fig. 1b). As a consequence, the
magnetic entropy (Sm) will decrease. In isentropic (i.e. adiabatic) conditions, the total entropy
(Stot=Sm+Sl) will remain constant. Therefore, the decrease of the magnetic entropy will manifest itself
in an increase of the lattice entropy (Sl). The atoms in the material will start to vibrate more
intensively, and as a consequence, the temperature of the material will increase. The opposite
occurs when the magnetic field is removed. The magnetic entropy increases and the temperature
decreases. This effect is maximal around the Curie temperature which marks the change between
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the ferromagnetic state and the paramagnetic state of the magnetic material. This transition is the
most frequently studied so far.

Figure 1: Schematic diagram of the magnetocaloric effect principle

On the basis of the magnetocaloric effect, it is thus possible to create energy conversion cycles by
applying 4 thermodynamic processes: adiabatic magnetisation (phase 1), isomagnetic transfer of
entropy (phase 2), adiabatic demagnetisation (phase 3) and isomagnetic transfer of entropy (phase
4).

2. EXPERIMENTS
2.1.

Experimental Apparatus

In order to study the effects of the operating on the reciprocating room temperature magnetic
refrigeration system, an experimental apparatus was designed and mounted (Fig. 2). This bench
mainly consists of a condenser (A), a pump (B), a solenoid valve (C), a permanent magnet (D), (E)
a test section, (F) a hot end 1, (G) a hot end 2 and (H) a cold end (Fig. 2a).

Figure 2: (a) Schematic diagram of the reciprocating magnetic refrigeration system; (b) Photography
of the test section

The test section consists of two symmetrical cylindrical active magnetic regenerators, each filled with
900 g of Gd particles with a size of 0.3-0.5 mm (Fig. 2b). The permanent magnet alternatively moves
towards the left and right AMRs, inducing thus alternative magnetisation and demagnetisation of
these AMRs. When the permanent magnet covers the left AMR, the magnetised Gd heats up. The
pump then runs and the water flow from the cold end (H) to the hot end 1 (F) recovers the heat.
Similarly, when the right AMR is magnetised, the water flow is reversed, and the water flow from the
cold end (H) to the hot end 2 (G) recovers the heat. After that, while one AMR is magnetised, along
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with the demagnetisation at the other AMR, the temperature of the cold end gradually decreases,
and the temperature of the hot end gradually increases.
The main function of the temperature acquisition module is the temperature of the acquisition
system. The temperature acquisition module has four output ports, which can simultaneously collect
four temperature changes. The temperature sensor used is PT100, and the accuracy level is 0.2 °C.
The temperature measurement points are distributed at the cold end temperature (H), the hot end
temperatures (F&G), and the room temperature measurement points of the suspended arrangement.
2.2.

Experimental Procedure

The effects of different operating frequencies and room temperatures on the cooling temperature
span were studied:
a) At a room temperature of 18 °C, by changing the magnetic moving speed corresponding to the
different operating frequencies (Table 1), temperature measurement analysis of the cold end (H),
hot ends (F&G) of the regenerator.
b) Using the system to test the magnetocaloric effect of the magnetocaloric material Gd (adiabatic
temperature change Tad (Eq. 1) and compare it with the theoretical value.
c) In the different room temperature environments 14.5 °C, 15.9 °C, 16.7 °C, 18.1 °C, keep the
operating frequency of 0.22 Hz unchanged, test the cold junction temperature of the regenerator,
analyse the ambient temperature for the cooling temperature span for a limited time.
L (mm)

Table 1: Operating conditions of the magnetic refrigeration system

V (mm.s-1)

t (s)

f=1/(L/V+t) (Hz)

H (T)

500

40

1.4

0.07

1.5

500

70

1.4

0.12

1.5

500
500
500

100
130
160

1.4
1.4
1.4

0.16
0.19
0.22

1.5
1.5
1.5

During the experiment, the temperature is cut for a period of time, and the temperature of the cold
and hot ends of the magnetic working medium is measured. The adiabatic temperature change of
the magnetic working medium during the magnetisation process can be cold and hot by the heat
exchange fluid after the magnetic application. The difference in terminal temperatures is
approximated to be expressed as in Eq. 1. The main reason is that in this experiment, the magnetic
particle material is a small particle, the heat exchange fluid is directly in contact with the particle, and
the fluid temperature is close to the magnetic particle temperature, so the fluid temperature change
can represent the change of the magnetic particle temperature.
∆𝑇𝑎𝑑 = 𝑇𝐻 − 𝑇𝐶

Eq. (1)

3. RESULTS AND DISCUSSION
In order to analyse the cooling effect of room temperature magnetic refrigerator under different
working frequency conditions, the temperature difference between cold and hot end, the temperature
difference between hot and cold end and the hot end and cold end temperature are analysed and
compared at different working frequencies, as shown in Figs. 3-6.
3.1.

Temperature Test at Different Operating Frequencies

At room temperature 18 °C, the temperature change of the cold and hot end of the active regenerator
at room temperature magnetic refrigerator at different operating frequencies (see Table 1) was
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tested. The temperature change of the hot and cold ends of the AMR for a magnet displacement
frequency of 0.16 Hz was selected, as shown in Fig. 3.

Figure 3: Evolution over time of the hot and cold ends temperature for a magnet displacement
frequency of 0.16 Hz and a room temperature of 18 °C
When the room temperature is maintained at 18 °C, the operating frequency is 0.16 Hz, about 400
s, the temperature of the hot and cold end begins to change slowly, and gradually stabilises. And
the temperature of the cold end is about twice that of the hot end 1 and the hot end 2, because the
cold end of the active regenerator is the shared cold end of the two magnetic beds, and the cooling
capacity is a superimposed amount. At the same time, the heat transfer time of magnetic heat
conduction is about 1 s, and the temperature of the heat exchange fluid rises by about 1K. In the
experiment, the rising temperature of the hot end is close in the process of adding magnetism, but
there is a difference, because the test bench records every 10s, there is an error. The hot end
temperature was maintained at 23.3 °C and 23.4 °C respectively. The cold junction temperature
reached a minimum temperature of 6.3 °C, and the maximum cooling temperature span was 11.7
°C. At about 1000 s, the cold junction temperature began to rise. The reason may be that the cold
end of the magnetic refrigerator has reached the minimum temperature under this condition, and
part of the heat at the hot end is transmitted to the cold end with the flow, so that the cold end
temperature shows a slight rebound.

Figure 4: Evolution over time of the temperature difference between hot and cold ends for different
magnet displacement frequencies and a room temperature of 18 °C
3.2.

Hot and Cold Temperature Difference Between Different Working Frequencies

Fig. 4 shows the change of the temperature difference between cold and hot end with the running
time when the room temperature is kept at 18 °C and the operating frequency is 0.07 Hz, 0.12 Hz,
0.16 Hz, 0.19 Hz and 0.22 Hz, respectively. About 400 s, the temperature difference between the
cold and hot end except the working frequency of 0.07 Hz began to change slowly, and gradually
became stable. The operating frequency was 0.16 Hz, 0.19 Hz, and the temperature difference
between the hot and cold end of 0.22 Hz was 0.07 Hz. It is about doubled because the
demagnetisation frequency increases with the addition of magnetism, that is, the exothermic heat
and the heat absorption of the magnetic working fluid Gd increase in a limited time. With the increase
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of the cooling capacity, the cooling rate of the cold end is correspondingly increased. Under the five
different operating frequency conditions, the maximum temperature difference between the hot and
cold ends of the room temperature magnetic refrigerator is 13.7 °C, 15.5 °C, 16.2 °C, 17.2 °C, 18.1
°C. And when the operating frequency is 0.22 Hz, the maximum temperature difference between the
hot and cold ends can be 18.1 °C.
3.3.

Hot End Temperature Difference Between Different Working Frequencies

As shown in Fig. 5, the trend of the cold junction temperature at different operating frequencies is
consistent, and both rise sharply first. At about 500 s, the average temperature of the hot end
corresponding to the five operating frequencies begins to change slowly. It can be found that as the
operating frequency of the room temperature magnetic refrigerator increases, the temperature rise
rate of the hot end before 500 s is larger, and the corresponding stable hot end temperature is higher.

Figure 5: Evolution over time of the hot end temperature for different magnet displacement
frequencies and a room temperature of 18 °C
3.4.

Cold End Temperature Comparison of Different Working Frequencies

As shown in Fig. 6, the temperature trends of the cold junctions at different operating frequencies
are consistent, and both drop sharply first. At about 500 s, the cold junction temperatures
corresponding to the five operating frequencies gradually become stable. It can be found that as the
operating frequency of the room temperature magnetic refrigerator increases, the rate of temperature
drop of the cold end before 500 s is larger, and the corresponding stable cold end temperature is
lower. From the left half of Fig. 6, it can be found that the cooling temperature spans are 9 °C, 11.1
°C, 11.7 °C, 12.3 °C, 12.8 °C under different operating frequencies of 0.07 Hz, 0.12 Hz, 0.16 Hz,
0.19 Hz and 0.22 Hz, respectively. Therefore, when the operating frequency increases, the cooling
temperature span of the corresponding room temperature magnetic refrigerator increases, which
plays a guiding role in improving the cooling effect of the room temperature magnetic refrigerator.

Figure 6: Evolution over time of the cold end temperature for different magnet displacement
frequencies
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4. CONCLUSIONS
By keeping the room temperature at 18 °C, when different operating frequencies are selected and
the operating frequency is kept constant at 0.22 Hz, the experimental analysis of the reciprocating
room temperature magnetic refrigerator cooling temperature span is obtained. The following
conclusions are obtained:
• At different operating frequencies, the cold junction temperature of the active regenerator
decreases sharply with time, then gradually stabilises, and as the operating frequency
increases, the cold junction temperature decreases, when the operating frequency is 0.22
Hz. The cooling temperature span is at most 12.8 °C.
• In the process of magnetisation, the direct measurement of the adiabatic temperature change
of the magnetocaloric material is close to the theoretical value of 4.2 °C, verifying thus the
experimental feasibility of the system.
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NOMENCLATURE
H
f
L
Sl
Sm
Stot

magnetic field (T)
magnet displacement frequency (Hz)
regenerator length (m)
lattice entropy (J.K-1)
magnetic entropy(J.K-1)
total entropy(J.K-1)

t

duration (s)

TC
TH
V

cold end temperature (°C)
hot end temperature (°C)
magnet displacement velocity (mm.s-1)

Tad adiabatic temperature (s)
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ABSTRACT
Data driven diagnostic model for refrigeration systems is often used exclusively to a dedicated object.
When it comes to a different type of chiller, a new model must be trained with large among of normal
and faulty data, which is both time-consuming and heavily data-depending, and accordingly, curbs
its application. In this study, the technology for the tackling of imbalanced data was introduced to
probe the possibility of extrapolating an old model trained for a centrifugal chiller to a new one that
can diagnose the faults of a screw chiller, by just using small amount of new data. Synthetic Minority
Oversampling Technique (SMOTE) is used to oversample the fault sample set with an unbalance
ratio of 5% and support vector machine (SVM) is employed for fault diagnosis. By investigating
oversampling ratios between 100% and 400%, it was found that the ratio of 100% was the best and
the diagnostic accuracy reached 96.70% for the four types of faults of the screw chiller.
Keywords: Chiller, Imbalanced-learn, Fault detection and diagnosis (FDD), SMOTE, SVM.

1.

INTRODUCTION

Commercial and residential buildings, which contribute to more than 40% of the total energy usage
worldwide, primarily consume energy through heating, ventilation, and air-conditioning (HVAC)
systems (Li D,2016). Therefore, the development of fault detection and diagnosis (FDD) techniques
is critical in maintaining indoor environmental comfort, reducing equipment wear and tear, and saving
energy (Li H, 2007). FDD techniques with high diagnostic accuracy and robustness that can present
an early warning when slight faults occur are required.
In the last few decades, the FDD technology of chillers has been developed vigorously. In the HVAC
field, FDD methods can be classified into two primary categories: model-based methods and datadriven methods (SrinivasKatipamula, 2005). In a model-based method, a priori knowledge of the
chiller system is required to identify the differences between the actual measured values and the
estimated ones obtained from the reference model (DAT Tran, 2016).Such methods have been
developed by Wang Shengwei et al. (2005) and Zhao Xinzhi (2015). Wang established a model
called the rule-based fault diagnosis method where when a fault occurs, it primarily uses the direction
of the fault index changes, i.e., above or below a predefined threshold (Xiao F, 2011). A data-driven
method is based on using a large amount of historical data of the real chiller system covering a wider
range of operating conditions. It can overcome the limitations of model-based methods, where it may
be difficult to give a precise description of the real chiller system operating at a wide range of
operational conditions, especially at the off-design conditions (Li G, 2016). Therefore, the research
on chiller fault detection and diagnosis based on data-driven methods has attracted wide attention
in recent years. Data-driven methods, such as exponentially weighted moving average (Zhao Y,
2013), support vector machine (SVM) (Han H, 2011), and Bayesian networks (Wang Z, 2017) have
been applied extensively to refrigeration systems. The advancement of an accurate and suitable
reference model is critical in the efficiency of fault detection and diagnosis for chiller systems.
However, slight defects and deficiencies occur in the current FDD techniques. First, this prior
knowledge is rarely considered in the current data-driven FDD literature. When the prior knowledge
of centrifugal chillers is used, the training sample will contain centrifugal chiller fault samples (called
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majority) and a small number of screw chiller fault samples (called minority). This study addresses
a solution: the synthetic minority oversampling technique (SMOTE) for data classification, which
balances datasets by resampling (Chen Y, 2009). This method is a heuristic oversampling technique
proposed by Chawla et al. to solve the problem of data class imbalance. SMOTE has been used to
solve imbalanced dataset problems in some medical areas, such as cardiotocography (Chawla N V,
2002), cancer diagnosis (Potharaju S P, 2018), enterprise credit evaluation (Wang K J, 2014), and
fraud detection (Phua C, 2010). In this study, we used principal component analysis (PCA) to reduce
the dimension of the characteristic parameters of the water chillers. After the data reconstruction of
screw chillers using the SMOTE, a PCA–SOMTE–SVM fault detection and diagnosis method is
established to solve the model generalization problem of the FDD technique when the dataset is
imbalanced.

2. IMBALANCED DATA AND FIELD SENSORS
This section first introduces briefly the imbalanced data used from the ASHRAE project 1043
(majority data) and the variable-speed screw chiller system (minority data). Because of the
imbalanced data, the solution to this problem will be proposed later. Next, the field sensors of the
chiller parameters are used according to previous studies.
2.1.

Majority data－centrifugal chiller system

The experimental data used were from the ASHRAE project 1043[24], where a 90-ton centrifugal
chiller was installed indoors with a nearly constant ambient temperature of 72 °F (22.2 °C). Both
the evaporator and condenser are the flooded-type, two-pass shell-and-tube heat exchangers, with
water flowing in the tubes as the secondary coolant.
Seven faults (Table 1), chosen based on the results of the chiller fault survey, were introduced
artificially and investigated in the laboratory with each of the four fault levels of severity. They were
sequenced in the descending order according to the normalized occurring frequency (Comstock,
M.C,1999).The screw water chiller only simulates three types of faults, i.e., reduced condenser
water flow, refrigerant leakage/undercharge, and refrigerant overcharge.
Fault type
Local faults

System faults

2.2.

Table 1. Seven typical faults.

State description
Condenser fouling
Reduced condenser water flow
Non-condensable in the refrigerant
Reduced evaporator water flow
Refrigerant leak/undercharge
Refrigerant overcharge
Excess oil

Abbreviations
ConFoul
ReduCF
NonCon
ReduEF
RefLeak
RefOver
ExcsOil

Minority data－variable-speed screw chiller system

The experimental setup was employed to measure the performance of a 200-ton variable-speed
screw chiller under three kinds of faults: reduced condenser water flow, refrigerant
leak/undercharge, and refrigerant overcharge. Figure 1 shows a schematic of the experimental
setup, which presents the major waterway and temperature sensors. The studied system is an
R134a 368.9-kW variable-speed screw chiller system with the nominal charge of 180 kg.
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Figure 1: Schematics of the variable-speed screw chiller experimental system.

3. OVERSAMPLING TECHNOLOGY: PCA–SMOTE
In Section 2, the majority data and minority data are introduced. When the data is in an imbalanced
state, the minority data are overwhelmed in the majority data and are difficult to diagnose. To solve
the problem of imbalanced data, this section proposes the oversampling technology: PCA–
SMOTE.
3.1.

SMOTE Description

The SMOTE is a representative external method for balancing datasets by resampling (Chawla N
V, 2002). The SMOTE algorithm implements an oversampling method to rebalance the original
training set. The key idea of the SMOTE is to not apply a simple replication of minority class
examples, but to introduce synthetic instances. This new data are created by the interpolation
between several minority class instances that are within a defined neighborhood. Hence, the
procedure is focused on the "feature space" rather than on the "data space." In other words, the
algorithm is based on the values of the features and their relationships, instead of considering the
data points as a whole. (Fernandez A, 2018) The minority class is oversampled by taking each
minority class sample and introducing synthetic examples along the line segments joining any/all of
the k minority class nearest neighbors. Depending upon the amount of oversampling required,
neighbors from the k nearest neighbors are chosen randomly (Chawla N V, 2002). For example, if
the required oversampling is 100% (the minority class was oversampled at 100%, 200%, 300%,
and 400% of its original size (Chawla N V, 2002)), only one neighbor from the five nearest
neighbors are selected and one sample is generated in each direction. The method of generating
synthetic samples is as follows: Take the difference between the feature vectors (samples) and
their nearest neighbors. The difference is multiplied by random numbers between 0 and 1 and
added to the considered feature vectors. This leads to the selection of random points along the line
segments between two specific features. This method effectively forces the minority decision areas
to become more general.
3.2.

PCA–SMOTE

The SMOTE improves the overfitting situation caused by a non-heuristic random oversampling
method (Fang X, 2016). The core idea of the SMOTE is to insert randomly generated new samples
between a small number of class samples and their neighbors to increase the number of minority
class samples and improve the class imbalance distribution of the datasets. The primary steps of
PCA–SMOTE technology are as follows:
1) First, the dimensionality of 17 selected feature parameters (Table 2) is reduced by PCA, and the
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cumulative contribution ratio of the principal component is 99%, including three principal components.
PCA is an effective multivariate statistical algorithm and has been used widely for dimension
reduction and feature extraction (M.G. Jackson JE, 1979). It attempts to replace more variables with
fewer comprehensive variables under the principle of minimizing the loss of data information, and
the comprehensive variables are not related to each other.
2) The centrifugal chiller training sample is defined as S1, the screw chiller training sample is
defined as S2 and S1 + S2 to form the training sample set Original. Table 3 shows the composition
of the training samples. The S1 sample set has 1000 Normal and 7 types of fault samples, and the
S2 sample set has 100 samples.
S1
S2
Original

3)

Normal
1000
100
1100

Table 3. Sample composition of original training set.
RefLeak ConFoul ReduCF NonCon ReduEF
RefOver
1000
1000
1000
1000
1000
1000
100
0
100
0
0
100
1100
1000
1100
1000
1000
1100

ExcsOil
1000
0
1000

Total
8000
400
8400

A new sample is synthesized for the reference formula of the screw chiller set (1).
𝑆2OS𝑖 = 𝑆2𝑖 + 𝑟𝑎𝑛𝑑(𝑆2𝑖𝑗 − 𝑆𝑖 )
Eq. (1)
Among them, 𝑆2𝑖 is the original sample set of screw chillers; 𝑆2𝑖𝑗 represents the first j adjacent
sample of 𝑆2𝑖 , 𝑗 = 1, ⋯ , 𝑁; 𝑆2OS𝑖 represents the sample set of the screw chillers after
oversampling; and rand represents a random number between 0 and 1. The new screw chiller fault
samples are merged into the centrifugal chiller sample set to form a new balanced chiller training
set.
First, the sample set is processed by PCA; subsequently, the screw chiller sample is processed by
SMOTE oversampling and normalized by the MinMaxScaler. The formula for processing is shown
in (2):
𝑆𝑖 −𝑆𝑚𝑖𝑛
𝑚𝑎𝑥−𝑆𝑚𝑖𝑛

Eq. (2)

𝑆𝑠𝑡𝑑 = 𝑆

Among them, 𝑆𝑖 is the original sample, 𝑆𝑚𝑖𝑛 is the smallest sample, 𝑆𝑚𝑎𝑥 is the largest sample,
and 𝑆𝑠𝑡𝑑 is the normalized sample.
The imbalance ratios of the centrifugal chiller sample set and screw chiller sample set are calculated
to be 5% (8000:400), and the design oversampling ratios are 100%, 200%, 300%, and 400% (Table
4). N similar adjacent samples (N = 400, 800, 1200, and 1600) are found for the screw chiller sample
set.
Table 4. Composition of samples under different oversampling ratios.

Model
Original
PCA-SMOTE100%
PCA-SMOTE200%
PCA-SMOTE300%
PCA-SMOTE400%

Centrifugal
chiller sample
8000
8000
8000
8000
8000

Screw chiller
sample
400
800
1200
1600
2000

Imbalance ratio
5%
10%
15%
20%
25%

Oversampling
ratio
0
100%
200%
300%
400%

4. RESULTS AND DISCUSSIONS
The PCA–SMOTE–SVM model for the fault diagnosis of chillers after oversampling was used to
handle the imbalanced training sets. The original model, PCA–SMOTE100%–SVM, PCA–
SMOTE200%–SVM, PCA–SMOTE300%–SVM, and PCA–SMOTE400%–SVM were established
according to oversampling of 100%, 200%, 300%, and 400% of the screw chiller sample set, and
the results were analyzed.
4.2.

Result Analysis

4.2.1. Overall performance of the PCA–SMOTE–SVM technology
Figure 2 shows the overall performance change diagram of the model under different sampling ratios.
The training accuracy, test accuracy, G-means and MCC of the original SVM model were 93.62%,
95.90%, 91.90%, and 0.8505, respectively. The SVM diagnostic model after PCA–SMOTE
oversampling technology has improved the diagnostic performance.
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The accuracy of training increases with the increase in the oversampling ratio of the sample set of
screw chillers. When the sample set of screw chillers reaches over 300%, the accuracy of training
reaches the maximum value of 94.84%. However, when the sample was over 400%, the training
accuracy decreased slightly. The accuracy of the test reached the highest when it was oversampled
100%, i.e., 96.70%. When the oversampling ratios are 200%, 300%, and 400%, the test accuracies
decrease slightly, but remain above 96%. The SVM diagnosis model based on SMOTE oversampling
technology exhibits higher robustness.
The G-mean value was improved significantly after using SMOTE oversampling technology. The
maximum G-mean value increased when the oversampling was 100%, i.e., 1.57% higher than that
of the SVM model. When the oversampling was increased to 200% and 300%, the G-mean value
was higher and still superior to the SVM model. When oversampling was 400%, the G-mean value
decreased again. The change trend of the MCC value was the same as that of the G-mean value.
When the sample size was 100%, the MCC value reached the optimum value, and subsequently
decreased with increased sample size. When the sample size was 400%, the MCC value increased
again, but was better than that of the SVM model.
In conclusion, the SVM diagnostic model based on PCA–SMOTE oversampling technology still
maintained a high performance in the fault diagnosis of two chillers, and the performance was
improved based on the original SVM diagnostic model. The PCA–SMOTE100%–SVM model is the
best diagnostic model with strong generalization ability and robustness, suitable for the fault
diagnosis of chillers, can be extended to other chillers of similar or different type, and may facilitate
in diagnosis strategies when involving imbalanced data.

Figure 2: Overall diagnostic performance changes under different oversampling ratios.

4.2.2. Individual performance for each model
Figures 3 and 4 compare the performance of different faults under different oversampling ratios.
From the figures, the PCA–SMOTE oversampling diagnosis model indicates superiority over the
original SVM model in terms of the sensitivity rate and precision rate.
As shown in Figure 3, the Sensitivity–Normal increases first and subsequently decreases with the
oversampling ratio, reaching a maximum of 95.30% at the oversampling ratio of 200%, i.e., 2.8%
higher than that of the SVM model. The five models of Sensitivity–RefLeak and Sensitivity–ReduCF
remain unchanged as the oversampling ratio increases. The best model of Sensitivity–RefOver is
PCA–SMOTE100%–SVM, with a value of 96.20%, which is 1.3% higher than that of the original
model. It decreases at the 200% oversampling ratio, and tends to be stable with the increase in
oversampling ratio.
Figure 4 shows that the Precision value of RefLeak remains unchanged with the increase in the
oversampling ratio; the PCA-SMOTE100%-SVM model performed better in Precision–Normal and
Precision–ReduCF, especially Precision–ReduCF that was 2.34% higher than the SVM model. The
best performance of Precision–RefOver was the PCA–SMOTE 200%–SVM model that increased
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from 98.75% of the SVM model to 99.47%. The RefLeak fault of the five models exhibit the same
performance.
In summary, PCA–SMOTE100%–SVM is the best among the five models, which can improve the
Normal, ReduCF, and RefOver faults. When the imbalance ratio reaches 10%, the screw chiller still
exhibits better diagnostic performance when the sample size is small. Therefore, the fault diagnosis
method based on PCA–SMOTE–SVM is feasible. Although the primary part of the training set is the
centrifugal chiller and the smaller part is the screw chiller, the PCA–SMOTE–SVM model still
maintains a high diagnostic performance. It can be proven that the diagnosis model can be used for
different types of chillers, and the generalization of the diagnosis model can be improved.

Figure 3: Different fault Sensitivity values under
different oversampling ratios.

Figure 4: Different fault Precision values under
different oversampling ratios.

From the analysis of the evaluation criteria of Sensitivity, Precision, and F-measure for different types
of faults, it can be concluded that PCA–SMOTE100%–SVM performs well in all kinds of faults. It is
the best diagnostic model for chillers, and the model achieves the best performance in the case of
equivalence fiction.

5. CONCLUSION
The PCA–SMOTE–SVM fault diagnosis technology was proposed herein. It combined high accuracy,
low computational effort, and numerical stability for variable-speed screw chiller systems. Mixing 400
screw chiller fault samples into a centrifugal chiller training set, PCA–SMOTE was used to
oversample the Normal sample set, reduced condenser water flow, refrigerant leakage/undercharge,
and refrigerant overcharge fault samples when the imbalance ratio of the training sample set was
5%. The oversampling ratio was 100%–400%, and a new training sample set after PCA–SMOTE
processing was obtained. Subsequently, SVM was used to diagnose the fault of the new sample set,
and Accuracy, G-mean, Precision, Sensitivity, and other evaluation criteria were used to evaluate
the model under different oversampling ratios. The details are as follows:
(1) The PCA–SMOTE–SVM model established by oversampling processing performed better in the
fault diagnosis of the chillers. Compared with the original SVM model, the PCA–SMOTE–SVM model
improved the training accuracy by 1.22%, the test accuracy by 0.8%, and the G-mean value by
1.57%. All the performance indicators of the PCA–SMOTE–SVM models were superior to those of
the original SVM model.
(2) The PCA–SMOTE100%–SVM chiller fault model was the best when the oversampling ratio was
100%, i.e., the equivalence fiction. The diagnostic accuracy was 96.70%, and the G-means value
was 93.47%. The diagnostic model demonstrated strong generalization ability.
Generally, the PCA–SMOTE–SVM fault diagnosis technology employed in this study proved to be
effective in improving FDD performance, reducing time, and reducing the initial cost on the simulation
of fault experiments. It could be used as a practical application of chiller fault diagnosis technology.
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ABSTRACT

One of the most important advantages of adsorption refrigeration systems is that they can be
supplied with heat at a temperature as low as 60°C. Such heat can come from the district heating
(DH) or solar collectors. Here, we test the pilot system connected to the DH in Wroclaw, Poland. We
conducted experimental analysis of a silica gel-water adsorption chiller driven with DH heat (6282°C). Chilled water inlet temperature was 16°C and cooling water temperature 27°C. We compared
the system cooling capacity and Coefficient of Performance (COP) for different driving water
temperatures. We confirmed that the COP rose with increasing the driving temperature (from around
0.4 at 65°C to 0.47 at 82°C and 27°C cooling water).
Keywords: Refrigerating Equipment; Absorption, Adsorption and Ejector Systems.
1. INTRODUCTION

Electricity production, GWh

Poland is a country with a temperate climate with relatively cold winters and warm summers. The
maximal electrical power consumption in the winter is approx. 15.6 GWh gross electrical production.
In the last decade, the total electrical power consumption in winter months increased by 7 – 15%,
while in summer months during the same period it increased by 10 – 17%, as seen in Fig. 1 (Eurostat,
2018). This higher growth is summer seasons is caused by the rapid growth of compressor airconditioning industry both in Poland and in the whole European Union. The final energy consumption
for space cooling increased by more than 50% from the year 2000 to 2016 in the EU (Motherway et
al., 2018).
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Figure 1: Gross electricity production in Poland in 2008 and 2018 (Eurostat, 2018)

This increased power consumption in summer months can be reduced by the introduction of heat
driven sorption coolers, such as absorption or adsorption chillers. The first type requires the heat
source to be at least 70°C, still it offers very low efficiency (0.6 – 0.7) at such driving temperature
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(Noro and Lazzarin, 2014). The second type can work with the heat source at the temperature as
low as 50°C, but its overall efficiency is even lower than that of an absorption devices (Chorowski
and Pyrka, 2015). The cost of a solar driven sorption cooling system was calculated to be not
competitive, primarily due to low COP values of temperature driven chillers and substantial cost of
solar collector arrays (Bataineh and Taamneh, 2016).
Total amount of heat sold to the customers in Poland is approx. 400 PJ/year (Juroszek and Juroszek,
2018). The majority is distributed using municipal heating networks (DH, District Heating). The
temperature of water in DH networks is different in different cities and varies during the year. For the
city of Wroclaw (largest city in south-west Poland), it is approx. 65°C in summer months and 9598°C in winter. The range of 60-70°C is too low for absorption units. Adsorption chillers are still
capable to work at this temperature, although at substantialy reduced efficiency. One way to improve
their performance is to rely on solar power and use solar collectors to increase the temperature of
heating medium above the network’s 65°C. During cloudy days and during nights, the adsorption
chiller will work driven solely by district heating water, but during sunny days it will be supported by
heat from solar collectors that would improve its thermal efficiency.
In this paper, we provide the experimental data concerning the cooling capacity of an adsorption
chiller driven by water in temperature range 65 – 82°C. We also present the calculations of cooling
capacity and total daily cooling effect for the system driven by the district heating with the support of
solar collectors. For the simulation, the solar irradiation and collector array are modeled
mathematically.
2. METHODOLOGY
The analyzed adsorption chiller is a hybrid type. It consists of a two-bed adsorption system and an
R-407C vapor-compression system for peak hours. The adsorption system is an integrated type
(patented and commercialized by Fahrenheit AG) with silica gel and water as the working pair. The
integrated adsorption chiller has two vacuum tight compartments that contain an adsorption bed and
heat exchanger, so it does not require any valves working in the vacuum conditions. In the
experiments discussed in this paper, the chiller is running in adsorption-only mode, i.e. the vapor
compression system is switched-off completely. The purpose is to determine cooling capabilities of
the device that is only thermally powered, i.e. during peak hours it is supplied by additional heat from
the solar collectors instead of electricity.
The outline of the system that is installed and tested in Wroclaw is presented in Fig. 2. The system
is designed to provide cooling for the machinery room and for the canteen located in the neighbouring
building. The 16 kW (nominal, estimated for hot water temperature 90°C, cooling water temperature
27°C and chilled water inlet temperature 19°C) adsorption chiller is driven with heat supplied from
the district heating. The driving temperature depends on the actual operating conditions of the
heating network, while the cooling load is determined by the consumer, however for the experimental
purposes the load can be simulated.

Figure 2: Test stand
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The hot water for driving the adsorption chiller is supplied from the local district heating network. The
intermediate heating medium can be routed by and heated up with 36 solar collectors mounted on a
roof three floors above the machinery room. Solar collectors are flat plate, positioned to the south
east on a 45° angle to the roof. The solar collector’s absorber working area is 2.1 m2. The length of
the insulated pipeline on the roof is 100 m total (50 m before and 50 m after the collectors). The
photographs of the installation are presented in Fig. 3.

Figure 3: Photographs of the system, starting from the left: hybrid chiller, system heat exchangers
and pumps, solar collectors’ array on the roof

Measurement data acquisition is done using the DL2 Datalogger with a time interval of 15 seconds.
The data logger is integrated with the chiller. Inlet and outlet chilled and cooling water temperature,
outlet hot water temperature and chilled water mass flow are measured from the device level. Hot
water inlet temperature Thwin is measured with a PT-500 sensor. All other temperatures are measured
with PT-1000 sensors. The temperature measurement tolerance is equal to ±(0.15 + 0.002 [t])°C.
The flow of cooling and hot water is measured with ULTRA- FLOW 54 ultrasonic flow meter. Its
uncertainty is ~4%.
3. EXPERIMENTAL DATA
The data were conducted during multiple experiments that span over several seasons of the year.
The behavior of the device was evaluated under multiple driving temperatures, ambient
temperatures, etc. For this particular analysis, we have selected 8 distinct data points that result from
averaged 6-hour data acquisition period (from more than 100 days of analyses). Selected days were
characterized by stable operating conditions, similar and controlled cooling wated temperature and
similar chilled water temperature at the inlet to the chiller.

Figure 4: a) Cooling capacity and b) COP of the chiller as the function of driving water temperature

The increase of hot water inlet temperature increases the cooling capacity Qchw of an
adsorption chiller, as seen in Fig. 4a. At chilled water inlet temperature Tchwin = 16°C, the cooling
capacity Qchw is 36% smaller for the hot water temperature Thwin = 65°C than for 82°C (7 and 9.4 kW
respectively). This is due to the fact, that the increase of the regeneration temperature increases the
sorption capacity of the bed, as seen in Fig. 5. Desorption that takes place at higher temperatures
means that the silica gel gets drier. During adsorption the adsorber is able to take more refrigerant
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vapor, and consequently more refrigerant evaporates in the evaporator. It means that the cooling
capacity of an evaporator will be higher. Additionally the suction effect between the heat exchanger
and the sorption bed increases.
Sorption isoster

Figure 5: Duhring diagram for two different hot water temperatures

The increase of hot water temperature does not highly increase the COP for given pair of
chilled/cooling water inlet temperatures (see in Fig. 4b). It is because increasing the temperature of
regeneration also increases the needed heat for regeneration when the adsorption temperature is
constant. It means that more heat is needed to increase the temperature of the sorption bed and to
desorb more water from the sorbent at higher temperature. This increase is proportional to the
cooling capacity gain in the case of adsorber construction used in the experiments.
For the compact adsorption chillers it is characteristic that there is no distinct isosteric phase. This
is because both adsorption bed and heat exchanger are closed in one casing without any valves or
pipes between them. For example the refrigerant after being desorbed from silica gel does not have
to wait in the desorber until the valve between condenser and desorber opens due to equalization
of pressure with the condenser. Instead it is instantly in the heat exchanger.
During the change of operating mode of the bed (from adsorption to desorption and vice versa), for
the first seconds of the new mode the cooling capacity is lost to change the temperature of the heat
exchanger. For example during the condensation, the heat exchangers plates temperature was near
the condensation temperature. Then, after the switch from desorption to adsorption mode, the
cooling water in the condenser is changed by the chilled water at lower temperature. Before any
cooling effect is obtained, some time has to pass before the heat exchanger cools down.
Adsorption chillers are characterized by unsteady working cycles (Szyc and Nowak, 2014). The
outlet chilled, cooling and hot water temperature is different at the beginning of each cycle than in
the middle or at its end, as in Fig. 6.
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Figure 6: water temperature at the chiller outlet

Similarly, sorption beds can absorb or reject different heat values in different parts of the cycle.
Because of that, the COP changes in time, as in Fig. 7. It can even be lower than 0 at some times,
meaning there is a small heating effect instead of cooling. It is due to the cycle switch. In order to
represent uniform data the points in Fig. 4 and Fig. 7 represent the average values for experimental
runs.

Figure 7: Instantaneous COP change during example cycles for driving water temperature Thwin 65oC
and 80oC

In solar adsorption systems it is crucial to know what is the outlet hot water temperature in order to
know what will be the hot glycol temperature at the inlet to the solar collector. The outlet hot water
temperature Thwout as a function of the inlet hot water temperature Thwin is presented in Fig. 8.
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Figure 5: Hot water outlet temperature as a function of inlet hot water temperature

4. SOLAR SYSTEM MODELING AND RESULTS
The solar radiation was simulated using online software Solarsym 4 (Kasperski et al., 2006). The
collectors were positioned to the south east on a 45° angle to the roof with no shading during the
day. The simulation is performed with data adaptation for the meteorological data (incliuding ambient
temperature) for the city of Wroclaw, Poland. The solar radiation and ambient temperature is
simulated for the period from March 01 to August 31 every 10 minutes.
After the solar radiation and ambient temperature were calculated by the software, the glycol
temperature at the collector’s inlet is calculated. It is done on the basis of heat losses on the pipeline
from the heat exchanger to the inlet of solar collectors (DN 32 PVC with 40 mm polyurethane foam
insulation), assuming the district heating water temperature 65°C. Next, the solar collector efficiency
was calculated. The outlet temperature from the solar collectors Tout was calculated from a heat
balance, as in Eq. (1). Heat losses on the pipeline from the collectors and the temperature inlet to
the adsorption chiller were calculated in the same way as on the first pipeline. All the abovementioned calculations were also performed for the period March – August every 10 minutes.
𝑇"#$ = 𝑇&' +

̇
)*+,-.
1 2*+, '
34,
̇ 56

Eq. (1)

When the driving temperature is known, the cooling capacity of the adsorption chiller was calculated
on the basis of experimental work performed on the system. The COP was not calculated, because
hot water temperature does not influence it highly.
There are two ways of operating the system with solar collectors coupled with DH. The first way is
to maintain constant connection of adsorption chiller driving water to the District Heating and solar
collectors. The second way is that when the day starts, the DH water is used for the initial heating of
the glycol for solar collectors. This will ensure a fast way of increasing glycol temperature. After the
initial heating of the glycol, the DH is not used until the next night. In both methods the chilled water
produced at night from the DH only is stored in insulated tank or PCM storage vessel.
In the first method, the temperature of glycol going to the solar collectors is always close to the DH
water temperature. The hot water outlet temperature from the adsorption chiller is usually higher
than the DH water, so the heat is given away to the network. This situation is unwanted by both the
District heating company, as the higher District Heating water temperature influences the CHP plant,
and the user, as he loses the heat from his solar collectors. In the case of solar, decentralized or
semi-decentralized District Heating it could be profitable depending on the heat prices.
The blue line Qchw in Fig. 9 represents the cooling power of the chiller driven by district heating water
heated by solar collectors in the abovementioned manner (Solar and DH). During the whole time,
the medium daily cooling capacity changes from around 8.2 to 9.2 kW. For comparison, the cooling
capacity obtained only by driving by district heating water is presented by orange line Qchw (DH). It
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is rather stable 6.6 – 6.9 kW, because the district heating water temperature during the chosen period
is stable, with small fluctuations ranging from 63 to 65oC.
In the second method the medium daily cooling capacity for the chosen chiller is presented in Fig. 9
as dotted blue line Qchw (Solar, DH at beginning). As the glycol temperature is higher at the solar
collector inlet, the outlet temperature is also higher which leads to higher hot water temperature and
thus higher cooling capacity.
At nights and early morning/late evening hours the driving water temperature would be cooled down
in the solar collectors. The adsorption system can work during the night using the district heating
water as a driving source and “producing” chilled water.

Figure 6: Adsorption chiller daily medium cooling capacity when driven by only District Heating (DH),
by District Heating heated by solar collectors (Solar and DH) and by solar collectors that use the
District Heating only for preheating glycol after the night

The cooling capacity of the chiller changes through the chosen days, but never reaches the nominal
value for the used chiller. The nominal power of 16 kW was evaluated only at hot water inlet
temperature Thwin 90°C, cooling water inlet temperature Tcwin = 25°C and chilled water temperature
at the inlet to the chiller Tchwin = 19°C. In our system, the chilled water inlet could not be higher than
16°C due to the temperature requirements of the canteen that was cooled by the chiller. The cooling
water temperature Tcwin was around 27°C. The hot water temperature that drives the adsorption
chiller, obtained by heating up the water by the glycol from solar collectors is never higher than 90oC
on our system. The biggest problem in reaching more than 90°C is the solar collectors drop of
efficiency at higher temperatures. On the other hand, the silica gel/water adsorption chiller cannot
be driven by water temperature higher than 95°C, so usage of concentric or vacuum collectors is not
advised.
The total cooling effect obtained for the whole day is shown in Fig. 10. It compares the total daily
cooling effect for the chiller being driven only by the District Heating – Qtot (DH), only by the solar
collectors – Qtot (solar), by the solar collectors and DH (releasing the solar power to the DH) – Qtot
(solar and DH) and by solar collectors with DH only connected at night – Qtot (solar, DH at beginning).
The biggest advantage of driving the adsorption chiller by DH coupled with solar collectors is that it
combines the advantages of both heat sources: The increase of cooling capacity due to the increase
of driving temperature during the day and constant supply of heat when the sun is down or covered.
The usage of district heating coupled with solar collectors enables to obtain doubled or even tripled
total cooling effect during the day compared to driving by the heat from only solar collectors. The
usage of solar collectors can increase the total cooling effect by 14 % on average, for the chosen
time range, compared with the driving by district heating only.
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Solar collectors system highly increases the initial investment costs. The price of 36 flat plate solar
collectors in Poland is around 19 000 USD which is almost the price of the hybrid chiller. This price
excludes the price of glycol, pump, control system, piping and the costs of construction. The glycol
pump consumes electricity which increases the operating expenditures. The economic analysis has
to be performed to check if the 14 % increase of the total daily cooling effect is worth the investment
into solar system. Government subsidy and special tariff for the district heat could increase the
economic profitability of this kind of system.

Figure 7: Total amount of cooling effect obtained during the whole day.

5. CONCLUSIONS
We presented an experimental analysis of a silica gel-water adsorption chiller working in Wroclaw,
Poland. It was driven with DH heat (62-82°C). Chilled water inlet temperature was 16°C and cooling
water temperature 27°C. We compared the system cooling capacity Qchwin and Coefficient of
Performance COP for different driving water temperatures.
The increase of hot water temperature does not highly increase the COP for a given pair of
chilled/cooling water inlet temperatures. We confirmed that the COP rose with increasing the driving
temperature (from around 0.4 at 65°C to 0.47 at 82°C and 27°C cooling water). At chilled water inlet
temperature Tchwin = 16°C, the cooling capacity Qchw is 36% smaller for the hot water temperature
Thwin = 65°C than for 82°C (7 and 9.4 kW respectively).
During the chosen time range, the cooling capacity of the chiller driven by the heat from solar
collectors changes from around 9 to 10 kW during the day. For comparison, the cooling capacity
obtained only by driving the chiller by district heating water is a rather stable 6.4 kW.
The usage of district heating coupled with solar collectors and chilled water storage enables to obtain
tripled total cooling effect during the day compared to driving by the heat from only solar collectors.
The usage of solar collectors can increase the total daily cooling effect by 14 % on average compared
with the driving by District Heating only. The economic analysis has to be performed to check if the
14 % increase of total daily cooling effect is worth the investment into solar system.
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NOMENCLATURE
a
Experimental coefficient (-)
Asol – Solar collectors’ absorber area (m2)
b
Experimental coefficient (-)
COP Coefficient Of Performance (-)
cp
Specific heat of glycol (J×kg-1×K-1)
m89
̇
Mass flow of glycol (kg×s-1)
n
number of solar collectors (-)
Tcwin
Cooling water inlet temperature (oC)
Tchwin Chilled water inlet temperature (oC)

Thwin, Thwout
Chiller hot water (driving)
inlet/outlet temperature (oC)
Tin, Tout
Inlet/ outlet temperature for
solar collector (oC)
Qchw
Cooling capacity (kW)
Qsolar Solar radiation on the absorber of
solar collector (W×m-2)
η
solar collector efficiency (-)
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ABSTRACT
The influence of the applied compressor control strategy on the performance of a solar direct drive
refrigeration system was investigated using numerical modelling and simulations. Two compressor
types and three compressor control strategies where investigated. Further, four configurations where
included: a 360 W and a 180 W PV panel both with and without compressor start power delivered
from the PV panel. Results showed that both the choice of compressor and the applied control
strategy affected the systems ability to utilize the available power from the PV panel, especially under
lower irradiance conditions and when the PV panel was downsized. However, results show that if
the need for compressor start power delivered by the PV panel was alleviated the size of the PV
panel can be halved without significant reductions in performance.
Keywords: Solar Direct Drive, PV Panel, Control Strategy, Compressor Speed Control, Ice Bank
Storage.

1. INTRODUCTION
People in rural areas of many developing countries have non or unreliable access to electricity (IEA,
2012). In such areas correct storage of temperature sensitive products such as food or more
importantly medical equipment such vaccines is a significant challenge. This may affect as many as
1.3 billion people worldwide (IEA, 2012), wherefore finding good solutions for off-grid refrigerators is
an important task.
Different types of absorption refrigeration systems driven by combustibles such as kerosene or gas
have been developed but have been found to be unreliable and require high maintenance (McCarney
et al., 2013). Alternatively solar driven systems have been developed since the 1980s first utilizing
batteries to store electricity to power the system during night time. Later battery free systems or solar
direct drive system have been developed as presented by Pedersen et al. (2019). McCarney et al.
(2013) state that battery free solar direct drive systems are the most promising solution for off-grid
vaccine storage.
Myers et al. (2017) investigate the potential for harvesting excess energy from solar direct drive
refrigerators applied as medical cold chain equipment and found that significant amounts of energy
could be utilized to power secondary equipment without compromising the temperature of the stored
goods. This is investigated with a traditional on/off compressor control. The potential to harvest
excess energy may though be reduced if more advanced compressor control strategies are applied.
The present work focused on analysing the operation of a direct drive solar powered refrigeration
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Figure 1: Principle sketch of the direct drive solar refrigeration system with ice bank storage

system with an ice bank storage under different compressor control strategies. A principle sketch of
such a system may be seen in Fig. 1. As seen the refrigeration system consists of a hermetic
reciprocating compressor, a finned tube condenser, a capillary tube and an evaporator placed in
direct contact with an ice bank storage.

2. METHODS
In a configuration such as the one seen in Fig. 1 it is the control of the compressor speed that will
ensure optimal utilization of the available power from the PV panel. Here it is important to realize
that the operation of a PV panel is characterized by the voltage - current curves seen in Fig. 2 (right).
Herethe solid black lines represent the voltage - current relation for a given solar irradiance. As seen
for a given solar irradiance the current first shows a small decrease with increased voltage up to, in
this case 25 V, where after it will experience a rapid decrease to a current of 0 A. Further, the greater
the solar irradiance the higher the current will be for the same voltage.
Realizing that the power extracted from the PV panel is the product of the voltage and current results
in the dashed blue lines. These naturally assume values of 0 W when either the voltage or current
are 0. Further, it may be seen that for each solar irradiance there is a peak power point and that this
point occurs at approximately the same voltage. Finally, it is seen that the higher the solar irradiance
the higher the peak power.
If the system driven by the PV panel, in this case the compressor, tries to draw more power from the
panel than the peak power at the given irradiance, the PV panel will experience was is called a
collapse. A collapse results in no power being delivered and consequently that the system is turned
off. If the compressor is run to fast there is thus a risk that it will collapse the PV panel and force a
shut down of the system. However, if the compressor is run to slow, the refrigeration system will not
be utilizing as much of the available power.
Therefore, it is relevant to find compressor control strategies that can ensure that the system will
operate as close to the peak power point as possible at the varying solar irradiance the system will
experience during a day or a year. In the present work is was assumed that the PV panel was south
facing and located on the northern hemisphere somewhere close to the equator. On a location such
as this the duration of which sunlight will reach the PV panel is roughly 8 hours per day with the peak
irradiance in the middle of this period and a symmetrical increase and decrease around the peak.

Figure 2: Daily solar profile and principle sketch of the operating characteristics of a PV panel
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A sketch of the daily solar profile may be seen in Fig. 2 (left). As seen here the profile is sketched
for peak irradiances from 100 Wm−1 to 1000 Wm−1. These peak irradiance variations may resemble
both seasonal variation but also cloud covers of different intensity. The present work will be limited
to the smooth profiles seen in Fig. 2 and will thus not include spotted cloud covers and the rapid
transients involved in these. The different compressors and compressor control strategies will be
evaluated at the different range of solar profiles seen in Fig. 2. This, as it was relevant to investigate
both the minimum peak irradiance needed for the system to deliver a cooling load but also the peak
irradiance at which the available power from the solar panel cannot be fully utilized due to speed
restriction of the compressor.
To perform this investigation numerical models where developed for both the PV panel and the
refrigeration system. Further, the different control strategies where implement in these models.
2.1.

Photovoltaic Modelling

The behavior of the PV-panel was modelled using a "one diode" model as described in Duffie and
Beckmann (2013). The one diode model uses an equivalent circuit to describe the operation of a
single solar cell. Assuming all cells to operate identically the one diode cell model can used to model
a complete PV panel.
The values for the shunt and series resistances as well as the diode quality factor was determined
based on standard test conditions (STC) data for a given 60 cell PV panel. The STC data may be
seen in Table 1 where the assumed cell operating temperature is also stated.
As seen in Table 1 each PV panel has a STC max power output of 90 W. In order to supply sufficient
power to the refrigeration systems several PV panels in parallel were applied. The present work
investigated the application of both 2 and 4 PV panels in parallel, these two solutions will in the
following be referred to as the 180 W and 360 W PV panels, respectively, in reference to the resulting
STC maximum power output of the total installation. It should be noted that the actual maximum
power of the PV panels, may be reduced as the assumed cell operating temperature of 35 °C was
higher than the STC cell operating temperature.
2.2.

Refrigeration System and Compressor

Table 1. Input data for the PV panel model of a single 60 cell array, operating conditions for the
refrigeration system and data for the investigaed compressors

Refrigeration
system

PV panel
Number of cells

60 -

Tevap

-10 °C

Temp. Coeff.
0.03 K Tcond
STC Max Power
90 W ∆TSH
STC Max Power Voltage
32 V ∆TSC
STC Open Circuit Voltage 39.5 V
STC Short Circuit Current
3 A
Cell operating temp.
35 °C

50 °C
10 K
5 K

-1

Compressor
BD35K
Disp. Vol.
Min. Speed
Max. Speed

3
2000
3500

BDS5.0K
5 cm3
1000 RPM
3000 RPM

The modelled refrigeration system may be seen in Fig 1. Assuming a constant ambient temperature
in the room where the refrigeration system was located and that the ice bank storage was kept at a
constant temperature of 0 °C, it was assumed that the evaporation and condensation temperatures
as well as the level of super-heating and sub-cooling would not change significantly during the
operation of the system. Therefore, these values where assumed constant at the values stated in
Table 1.
Two different compressors were investigated for the application in the refrigeration system, both
compressors are built for R600a. The first was the BD35K which is a DC compressor produced by
Nidec, the second compressor was the BDS5.0K, also produced by Nidec. The displacement
volumes and speed ranges of the two compressors are stated in Table 2. As seen the BD35K has a
lower displacement volume compared to the BDS5.0K and further the dynamic range of the BD35K
is also significantly lower than that of the BDS5.0K.
The operational characteristics of the two compressors, i.e. isentropic and volumetric efficiencies,
where modelled using speed specific compressor polynomials supplied by the manufacturer. The
polynomials where supplied at four values of compressor speed ranging from the minimum to the
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maximum speed. For operation at speeds in between the supplied polynomials the efficiencies where
interpolated between the values of the nearest polynomials.
A part from the work derived from the application of the compressor polynomials, the initial start-up
of the compressor requires additional power. This will in the following be referred to as the
compressor start power. The compressor start power is associated with the initial positioning of the
rotor. The start power for both compressors has been assumed to be 60 W. However, soft start
procedures or the application of super capacitors may alleviate the need for the PV panel to supply
the start power. Consequently, results were derived both with and without the 60 W compressor start
power.
2.3.

Compressor Speed Control Strategies

As the compressor in the suggested system was driven directly by the PV panel, the only manner
by which sufficient utilization of the available power can be ensured was to impose a suitable
compressor speed control strategy. In the present work three different speed control strategies have
been investigated and compared based on their ability to utilize as much of the available power
during a complete day.
To quantify to which extent the compressors utilize the available power a Utilization Factor was
defined. The Utilization Factor was defined as the ratio of the integrated compressor work from
sunrise to sundown over the integrated peak power over the same duration. The Utilization Factor
thus indicates how well the compressor control strategy was at adapting the speed during the
increasing and decreasing irradiance experienced during a day.
A part from the utilization factor the Accumulated Daily Cooling Load was also determine as the
integrated cooling load delivered over the full day.
The first control strategy investigated was the PPT control. This control strategy requires the
application of an external peak power tracker. The peak power tracker required the measurement of
both solar irradiance and cell operating temperature which the peak power tracker then used to
calculate the peak power point. This was then applied as a set point for the compressor speed
regulation. Consequently, the PPT control ensured that when the compressor was on it ran at a
speed at which the needed compressor power was equal to the PV panels peak power. However,
the ability to run at the requested speed was limited by the minimum and maximum speeds of the
compressors.
An alternative to the PPT control is CVC. As seen in Fig 2 the peak power points for increasing
irradiance coincide at a close to constant voltage. Hence, it is possible to approximate the peak
power point by measuring only the voltage over the PV panel. Supplying the speed control of the
compressor with a set point for the PV panel voltage would thus allow the compressor to adjust the
speed in order to attain a constant voltage and thus operate close to the peak power point. This
control strategy alleviates the need for solar irradiance and cell temperature measurements and may
thus be simpler to implement. The set point for the CVC was set to 22 V.
The final investigated control strategy was AEO. The AEO control strategy requires no additional
measurements and was therefore implemented directly in the compressor, it may therefore be the
most simple to implement. The principle of the AEO strategy was to continuously ramp up the
compressor speed until the compressor would collapse the PV panel thus shutting the compressor
off. The speed at which the collapse occurred was then stored in the controller. The compressor was
then kept off for a short duration to allow pressure equalization between the condenser and

Figure 3: Current - voltage curves for the 360 W (a) and 180 W (b) PV panels, with the current voltage curve for the two investigated compressors at their minimum and maximum compressors
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evaporator in order to reduce the power consumption during start-up. It was assumed that three
minutes would allow sufficient pressure equalization. After the short off-period the compressor was
then turned on at a speed lower than the one at which the collapse occurred.
Two inputs are thus needed in order to run the AEO strategy, the compressor speed ramp-rate and
the speed reduction when restarting the compressor. These where assumed to be constants during
the operation of the system. The choice of these two constants both influence the utilization factor
of the PV panel. It was found that a ramp rate of 2000 RPM h-1and a speed reduction of 400 RPM
was a good trade-off for all investigated combinations of PV panels size and compressor types.

3. RESULTS
Fig. 3 shows the voltage - current curves for the 360 W (a) and 180 W (b) PV panels, respectively.
Further, the voltage - current curves for the two compressors are presented under the operating
conditions shown in Table 1 and their respective minimum and maximum compressor speeds. The
compressor voltage - current curves are thus iso-power lines corresponding the compressor power
at minimum and maximum speeds. For a given solar irradiance the compressor must thus run
between the intersections of the minimum and maximum compressor curve and the voltage - current
curve at the given irradiance. If the curves do not intersect the compressor will collapse the PV panel
at the minimum compressor speed and will thus not be able to run. If the PV panel voltage - current
curve only intersects with the minimum speed compressor curve the compressor will be able to run
at the peak power point for that irradiance and will thus be able to utilize all the available power. If
the PV panel voltage - current curve intersects with both the minimum and maximum compressor
speeds the compressor will not be able to run a the peak power point and will thus not be able to
utilize all the available power.
This figure thus gives an indication of how well the compressor can utilize the available power from
the PV panel. It may be seen that the maximum speed curves for the two compressors occurred at
more or less the same point. However, the BDS5.0K could run at a lower power as the BDS5.0K
had a lower minimum speed. The BDS5.0K would thus be able to run at lower levels of irradiance.
Further, it may be seen that for the 360 W PV panel both compressors would not be able to run at
the peak power point at irradiances much higher than 200 Wm-2for the 180 W this was possible upto
400 Wm-2 However, the 180 W PV panel would require a higher irradiance before the compressor
could run.

Figure 4: Compressor power and compressor speed for the PPT, CVC and AEO control strategies
under two different irradiance profiles with 200 Wm-2 and 800 Wm-2 peak irradiance, respectively.
Results are shown for the BD35K compressor without start power
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It should be noted that the compressor start power was not included in the curves shown in Fig. 3.
The need for compressor start power would shift the minimum speed curves upwards thus reducing
the gap between the minimum and maximum curves.
Fig. 4 shows an example of how the different control strategies perform under two different daily
profiles, with 200 Wm-2and 800 Wm-2peak irradiance, respectively. This was exemplified with the
BD35K compressor without the inclusion of compressor start power and the 360 W PV panel. Fig. 4
presents both the available and utilized power and the compressor speed. As seen for both the low
and the high peak irradiance profiles the three different control strategies turned the compressors
on and off at more or less the same time. It may further be seen that for the 200 Wm-2 profile both
the PPT and CVC ran at their respective maximum values while the compressors where on, further
it should be noted that the difference between the PPT and CVC maximum power was insignificant.
For the 200 Wm-2 profile the
AEO control resulted in 13 on/off cycles, however it may also been seen that the AEO actually kept
the power consumption close the power consumption of the PPT and CVC control. For the 800 Wm2
profile all three compressor controls strategies ran the compressors at maximum speed after 1.8
hours of sunlight, the PPT and CVC already after 0.4 hours. The compressors then ran at maximum
speed until approximately 0.5 hour before sunset. The PPT and CVC subsequently reduced their
speeds to the minimum before turning off 0.25 hours before sunset. In the same duration the AEO
control ran 5 on/off cycles. It is clear that under the 800 Wm-2 peak irradiance profile non of the three
control strategies would be able to utilize close the total available power.
Figs. 5 and 6 show the Utilization Factor and the Accumulated Daily Cooling Load as a function of
the daily peak irradiance. This was presented for both compressors under the three compressor
control strategies. Further, this was presented under four different system configuration: the 360 W
PV panel and the 180 W PV panel, both with and without compressor start power.
As seen for the 360 W PV panel with 60 W of compressor start power, Figs. 5 (a) & 6 (a) the BDS5.0K
compressor can deliver a cooling load as soon as the daily peak irradiance exceeds 300 Wm-2, it
may further be seen that the CVC control will require a slightly higher peak irradiance to run. For the
BD35K the daily peak irradiance must exceed 350 Wm-2 to deliver a cooling load for the PPT or AEO,
while the CVC again required a higher peak irradiance of about 360 Wm-2.
As seen in Fig. 5 (a) the Utilization Factor increases rapidly after the minimum peak irradiance was
attained and peaks shortly hereafter. Here the BDS5.0K attained the highest Utilization Factor with
the PPT or CVC with a value of approximately 55 %. Here only 45 % was attained for the AEO. The

Figure 5 Compressor power and compressor speed for the PPT, CVC and AEO control strategies
under two different irradiance profiles with 200 Wm-2 and 800 Wm-2 peak irradiance, respectively.
Results are shown for the BD35K compressor without start power
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BD35K utilized less of the available power, peaking at around 48 % for the PPT and CVC and around
42 % for the AEO. As the daily peak irradiance increases the differences between the Utilization
Factor of the two compressors and the different control strategies diminished and at a daily peak
irradiance of a 1000 Wm-2 the Utilization Factor was approximately 28 % for all six options.
As seen in Fig. 6 (a), then although there was only a minor difference between the Utilization Factor
of the two compressors, the Accumulated Daily Cooling Load differs significantly. Here the BDS5.0K
was capable of delivering more cooling load than the BD35K, as the BDS5.0K compressor was more
efficient. Again it may be seen that the PPT and CVC attain comparable cooling loads while the AEO
delivered slightly less.
Assuming that the need for compressor start power can be alleviated but keeping the PV panel size
of 360 W results in the Utilization Factor and Accumulated Daily Cooling Loads seen in Figs. 5 (b) &
6 (b). As seen this allowed the compressors to run at significantly lower daily peak irradiances. Here
the all three strategies delivered a cooling load already from a daily peak irradiances of 90 W for the
BDS5.0K and 120 W for the BD35K. Again the Utilization Factors show a rapid increase as soon as
the minimum irradiance was attained. Here the BDS5.0K with the PPT and CVC peaks at a Utilization
Factor of 94 % while the AEO reached around 83 %. The BD35K again utilized less of the available
power peaking at around 84 % for the PPT and CVC and 78 % for the AEO. Again the differences
between the utilization Factors of the two compressors and the three control strategies diminishes
with increasing peak irradiance reaching approximately 30 % with a peak irradiance of 1000 Wm-2.
As shown previously, the BDS5.0K delivers significantly more cooling load than the BD35K, see 6
(b). As was also shown earlier the AEO delivers less cooling load compared to the CVC and PPT,
however when the need for start power was alleviated the AEO approaches the load delivered by
the CVC and PPT.
When the PV panel size was reduced to 180 W while still supplying the 60 W of start power, the
minimum peak irradiance increases significantly, see Figs. 5 (c) and 6 (c). As seen the BDS5.0K
with either the PPT or AEO requires a peak irradiance in excess of 500 Wm-2, while the CVC requires
600 Wm-2.For the BD35K this was 590 Wm-2 for the PPT and AEO and 700 Wm-2 for the CVC. In
light of these results, this configuration was deemed infeasible as it would result in the lack of cooling
load for too many days.

Figure 6: Daily accumulated cooling for the BD35K and BDS5.0K compressors under the PPT, CVC
and AEO control strategies using both the 180 W and 360 W PV panels and with and without
compressor start power delivered from the PV panel
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However, if the need for compressor start power was alleviated for the 180 W panel the minimum
peak irradiance was again significantly reduced, see Figs. 5 (d) and 6 (d). Here the BDS5.0K will be
able to deliver a cooling load from around 120 Wm-2 while the BD35K would require slightly more
than 200 Wm-2. Generally, it may be seen that the Utilization Factor for this configuration was higher
than the remaining configurations. Even at 1000 Wm-2 almost 50 % of the available power was
utilized. As seen the Accumulated Daily Cooling Load was actually comparable to that of the 360 W
with 60 W start power when both are running. As such it can be concluded that if the compressor
start power can be alleviated the PV panel size can be halved without reducing the delivered cooling
load, actually the cooling load can be delivered at lower irradiances with half the PV panels if start
power was avoided. Finally, it may seen that for this configuration there was slightly higher difference
between the applied control strategy.

4. CONCLUSIONS
The influence of compressor type and compressor control strategy on the performance of a solar
direct drive refrigeration system was investigated using numerical modelling and simulations. The
Utilization Factor and Accumulated Daily Cooling Load were determined for a full day under varying
daily peak irradiances. Two compressor types, the BDS5.0K and BD35K and three compressor
control strategies, PPT, CVC and AEO where investigated. Further, four configuration where
included: a 360 W and a 180 W PV panel both with and without compressor start power delivered
from the PV panel. Results showed that both the choice of compressor and the applied control
strategy affected the systems ability to utilize the available power from the PV panel, especially under
lower irradiance conditions and when the PV panel was downsized. Generally, the PPT strategy
delivered the highest Utilization Factor and thus the highest cooling load. The CVC was comparable
to the PPT for the 360 W PV panel, while performing worse than the PPT for the 180 W
configurations. The AEO generally had a lower performance than the PPT and CVC. However,
compared to the simplicity of this control strategy the AEO actually performed well compared to the
more challenging PPT and CVC controls. The BDS5.0K performed better than the BD35K due to
both the increased efficiency and the increased speed range. Finally, results show that if the need
for compressor start power delivered by the PV panel was alleviated the size of the PV panel can be
halved without a significant reduction in performance.
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ABSTRACT
Accounting for about 17% of the overall electricity consumption worldwide, the refrigeration sector
requires improvements in energy reduction and management. Demand side management (DSM)
could be adopted to improve the overall system energy efficiency. In this work, a CO 2 commercial
refrigeration system coupled with different cold thermal energy storages (CTES) is studied through
a DSM approach. A fire prevention water tank of 950 m 3 and low-melting-point phase change
materials are considered. Based on a demand response strategy, the CTES are used to change the
timing of end-use consumption from high electricity cost periods to low-cost periods. During off-peak
times, cold thermal energy can be generated by electricity, stored in the CTES and then used during
peak-hours to flatten the utility load profile. Results show that a similar application can lead to
economic savings if the system takes advantage of the different electricity prices during peak and
off-peak hours.
Keywords: Demand Side Management, Demand Response, Thermal Energy Storage, Real-Time
Pricing, National Electricity Price.

1. INTRODUCTION
The refrigeration sector accounts for about 17% of the overall electrical energy use worldwide (IIR,
2015). In supermarkets, display cabinets and cold rooms for food storage require 45% of the overall
electricity demand, while household refrigerators and freezers are responsible of almost 4% of
residential electrical energy use. Air conditioners consume around 5% of the global electricity
consumption and the impact of heat pumps is increasing (800,000 units sold in European Union
only), thus making the refrigeration sector an appropriate candidate for energy reduction and
management initiatives (Arteconi and Polonara, 2017).
Among the solutions available to improve the energy flexibility of refrigeration systems, demand side
management (DSM) consists of a set of policies that can be adopted to influence and modify the
customer’s energy demand (Lund et al., 2015). In particular, a DSM strategy referred to as demand
response (DR) allows to change the electricity use by end customers in response to variations of the
electricity price over time (Aazami et al., 2011).
In the last years, carbon dioxide has received growing attention as refrigerant, thanks to its favorable
thermophysical properties, non-toxicity, non-flammability and very low global warming potential
(Cavallini and Zilio, 2007). On the other hand, its low critical temperature and high operating pressure
levels could negatively affect a refrigeration system efficiency, when compared with the adoption of
traditional HFCs. This issue is particularly evident for cooling applications in mild and warm climates,
where CO2 systems could operate in transcritical conditions for long periods of time. A decisive
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improvement of such systems can be accomplished performing subcooling of CO 2 exiting the gas
cooler (Ge and Tassou, 2011).
In this work, a CO2 transcritical/subcritical commercial refrigeration system was integrated with
display cabinets and cold rooms of a supermarket. Subcooling of CO2 is performed by means of a
950 m 3 cold sink consisting of a fire prevention water tank. The refrigeration system can be managed
with a DSM program intervening either in the cycle or in the demand side. In the former case, it can
be noted that the large fire prevention water tank acts as a cold thermal energy storage (CTES)
whose recharging mode can be managed through a DSM strategy. On the demand side, instead,
DSM can be accomplished by modifying the medium temperature (MT) and low temperature (LT)
evaporators set-point temperatures.
The chosen DSM strategy is based on a DR program activated by a real-time pricing (RTP). As the
proposed strategy was adopted for an existing system, electricity-price-based predictive rule based
controls were considered (Fischer and Madani, 2017). Relevant advantages of predictive rule based
controls include their inexpensiveness and no need of modifications of the setup under study. The
analysis was conducted for the whole year 2018.

2. CASE STUDY
Figure 1 shows the schematic of the CO2 plant under study. The considered refrigeration plant is

installed in a supermarket and has a cooling capacity of 140 kW in the MT section and a capacity of
22 kW in the LT section. The supermarket includes 17 display cabinets and 10 cold rooms
refrigerated through the MT section, and 4 frozen food display cases and 2 cold rooms refrigerated
through the LT section.

Figure 1: Schematic of the CO 2 refrigeration system

As can be seen in the scheme, the cycle includes a mid-pressure receiver where flash gas can be
removed by the MT compressor rack or, if necessary, by an auxiliary compressor. The cycle operates
both in subcritical and transcritical conditions depending on the external temperature. Two heat
exchangers (HX1 and HX2) connect the refrigeration cycle to a 950 m 3 fire prevention water tank.
HX1 allows the subcooling of the CO2 exiting the gas cooler, while HX2 allows the recharge of the
water tank by means of liquid CO2. The most important design parameters of the refrigeration plant
are reported in Table 1.
The supermarket is located in Genoa, Italy, a location characterized by mild climate conditions. The
yearly profiles of the LT and MT cooling loads are depicted in Figure 2.
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Table 1. Main design parameters

Parameter
LT evaporating temperature (°C)
MT evaporating temperature (°C)
Superheating at evaporators (K)
T approach of the gas cooler (K)
Liquid receiver temperature (°C)
T approach of HX1 and HX2 (K)
Water tank volume (m 3)

Value
-35
-10
5
3
3
3
950

Figure 2: Yearly profiles of the MT and LT cooling loads

3. MODEL DESCRIPTION
The mathematical model of the entire refrigeration system, which includes the display cabinets, the
cold rooms and the refrigerating unit was developed in TRNSYS (Klein et al., 2010). As concerns
the refrigerating cycle, the thermodynamic and thermophysical properties of the refrigerant were
calculated by linking our in-house routines to the CoolProp libraries (Bell et al., 2014). The expansion
in all valves was considered isoenthalpic and the pressure drop in the suction lines was neglected.
The isentropic efficiency of the compressor racks, as a function of the pressure ratio, was inferred
by manufactured data. In subcritical operation the system runs in floating condensing mode; in
transcritical and transitional operation the parallel compressor is activated and the high stage
pressure is set according to the control rules described in Polzot et al. (2016).
The cooling load profiles from the refrigerated display cabinets (DC) and the cold rooms (CR) were
determined according to the procedure reported in Polzot et al. (2016). Specifically, the cooling
capacity of the display cabinets (qDC) is equal to:
𝑞DC = 𝑞sen + 𝑞lat + 𝑞aux

Eq. (1)

where qsen is the sensible load, qlat is the latent load due to ambient air infiltration and qaux is the
sensible load from auxiliary devices (lighting, fans, defrost). The overall cooling capacity at rated
conditions is adjusted taking into account the actual and time-dependent working conditions in the
supermarket, such as the indoor air temperature and humidity or defrost schedule.
The fire prevention water tank is based on a TRNSYS type of stratified constant volume storage. It
takes into account the heat transfer with the refrigeration system and the conductive losses to the
ground, whose temperature was assumed to be dependent on the external temperature.
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The heat exchangers HX1 and HX2 were modeled assuming appropriate approach temperatures (3
K). In HX2, the pressure in the liquid receiver was kept equal to 3.8 MPa (which corresponds to a
saturation temperature of 3 °C) in order to avoid water freezing.
The climate conditions of the site were imported in TRNSYS through a Meteonorm typical
meteorological year file (Remund et al., 2014) and the simulations were carried out using a time step
of one hour.

4. DEMAND SIDE MANAGEMENT ANALYSIS
The DSM strategy applied to the refrigeration cycle under study aims to reduce the annual electricity
cost by shifting the electricity demand from peak hours to off-peak hours. The strategy can be
accomplished either by operating at cycle level, modifying the water tank recharging control strategy,
or operating at demand level, by varying the evaporating set-point temperatures in the MT/LT
sections. For these purposes, it is assumed that the supermarket could adhere to a RTP-based DR
program.
Being the supermarket sited in Italy, the Italian PUN (Prezzo Unico Nazionale, National Single Price)
referred to 2018 was considered as real-time price applied to the customer. The PUN has a
resolution of one hour, is tax-free (it accounts for electrical energy generation only) and is based on
a day-ahead market (the Italian Power Exchange).
4.1.

Baseline Configuration

The baseline configuration of the refrigeration system includes the subcooling of CO 2 operated by
HX1 and the auxiliary compression used to remove the surplus of flash gas in the receiv er. The
recharge of the fire prevention water tank operated by HX2 was not included in the baseline
configuration because, as determined in Polzot et al. (2016), this solution does not seem to be
convenient under the point of view of energy use. As shown in the following section, however, we
will try to apply a DSM strategy to the recharge control, in order to verify if there is at least the
possibility of economic savings.
As regards the subcooling, the baseline configuration operates according to the following control
strategy:
if 𝑡tank < 𝑡GC,out − ∆𝑡ap and daytime → subcooling active

Eq. (2)

Subcooling is therefore allowed only during daytime, when the water temperature ttank is lower than
the CO2 temperature at the exit of the gas cooler tGC,out (with an appropriate temperature approach
tap). The MT and LT evaporators have set-point temperatures equal to -10 °C and -35 °C,
respectively. The yearly electricity consumption of the baseline configuration is 303.02 MWh.
Non-household consumers, such as the one considered, usually adopt time of use or fixed price tariff
schemes. Taking into account the data provided by Eurostat for non-household consumers, in 2018
the average electricity price in Italy, with the exclusion of taxes and levies, was equal to 89.20
EUR/MWh (Eurostat, 2019). Thus, considering a fixed tariff based on this price, subtracted by a
conservative -10% amount that accounts for the supplier’s markup, the electricity price would be
equal to 80.28 EUR/MWh. With this price, the overall electricity cost of the baseline configuration in
2018 is 24,326 EUR.
4.2.

DR Applied to the Recharging of the Fire Prevention Water Tank

In the work by Polzot et al. (2016), it was seen that the recharging of the fire prevention water tank
does not provide a yearly energy saving respect to a plant configuration with subcooling only. The
non-convenience in the adoption of the recharging system was due to small outdoor temperature
excursions. In the original plant setup, the control strategy regulating the recharging was:
if 𝑡tank > 𝑡tank,set and nighttime → recharging active
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Recharging, therefore, could occur when the water temperature ttank was higher than the tank setpoint temperature ttank,set (that was fixed to 17 °C) but only at nighttime when the cooling load from
DC and CR was lower and the refrigerating capacity available with the highest COP thanks to the
lower outdoor temperature.
In order to verify a possible economic convenience of the recharging solution, in the present work
we tried to combine the original recharging control strategy with a DR program based on real-time
pricing. The strategy described by Equation (3) was then integrated with the following one:
̅̅̅̅̅̅ → recharging not active
if 𝑃𝑈𝑁𝑖 >𝑃𝑈𝑁

Eq. (4)

where PUNi is the value of PUN in the ith hour of the year and ̅̅̅̅̅̅
𝑃𝑈𝑁 is the yearly mode of PUN in
2018, which is equal to 50 EUR/MWh. In this way, the recharging system is not allowed to operate
when the PUN is too high.
4.3.

DR Applied to the MT/LT Evaporators Set-Point Temperatures

A DR program can be applied to the MT and LT evaporators set-point temperatures to shift the
electricity demand from peak hours to off-peak hours. In a similar fashion of the DR program applied
to the recharging system, the following strategy was applied to the MT evaporators set-point
temperatures:
̅̅̅̅̅̅ and 𝑞MT < 120 kW → 𝑡sp,MT = −8 °C
if 𝑃𝑈𝑁𝑖 >𝑃𝑈𝑁

Eq. (5)

if 𝑃𝑈𝑁𝑖 < ̅̅̅̅̅̅
𝑃𝑈𝑁 and 𝑞MT < 120 kW → 𝑡sp,MT = −12 °C

Eq. (6)

According to this strategy, the MT evaporators are allowed to increase their set-point temperature
tsp,MT when the hourly PUN is higher than its yearly mode, and to decrease their set-point temperature
when the hourly PUN in lower than its yearly mode. The condition referred to the MT cooling capacity
qMT was included to avoid variations of the MT evaporators set-point temperatures when the cooling
load is too high. In this last case, the MT set-point temperature is kept equal to -10 °C, as defined in
the baseline configuration.
As concerns the LT evaporators, a similar strategy was defined:
̅̅̅̅̅̅ → 𝑡sp,LT = −30 °C
if 𝑃𝑈𝑁𝑖 >𝑃𝑈𝑁
if 𝑃𝑈𝑁𝑖 < ̅̅̅̅̅̅
𝑃𝑈𝑁 → 𝑡sp,LT = −40 °C

Eq. (7)
Eq. (8)

In this case, no condition was added to the cooling capacity qLT, as the load profile defined for the
LT section is much lower than that defined for the MT section (see Figure 2) and the frozen food is
less sensible to temperature variations.

5. RESULTS OF THE ANALYSIS
In this section, the DR strategies applied at the refrigeration cycle level (recharging system) and at
the demand level (MT and LT evaporators set-point temperatures) will be analyzed and discussed
separately.
5.1.

Results of the Water Tank Recharging DR Strategy

Figure 3 depicts how the yearly electricity demand and cost vary among the following setups: baseline

(i.e., without recharging system) with a fixed tariff (FT), original configuration with the recharging
system able to operate at nighttime (REC with fixed tariff), and DR configuration including the
recharging system able to operate in the same nighttime period (REC+DR with a PUN-based tariff).
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Figure 3: DR strategy applied to the water tank recharging (FT: fixed tariff)

As can be seen, there is an energy and cost convenience in adopting a DR strategy respect to the
original configuration REC. However, the setup REC+DR is not able to perform better than the
baseline configuration. In fact, even if the REC+DR configuration shows a lower yearly electricity
cost respect to the baseline with a fixed tariff, this result depends only on the different tariff schemes
adopted, and not on the DR strategy implemented. Considering a baseline with a variable tariff based
on PUN, the REC+DR setup is not able to be more competitive than the first solution.
It can be therefore concluded that the plant setup including the recharge of the fire prevention water
tank by heat exchange with liquid CO2 does not provide any electricity energy/cost convenience, at
least for the location under study.
5.2.

Results of the MT/LT Evaporators DR Strategy

The DR strategies applied to the MT and the LT evaporators were studied separately at first. As
shown in Figure 4, the DR strategy applied to the MT evaporators provides, respect to the baseline
configuration, an energy saving of -2.15% and an electricity cost saving of -23.41%. Instead, when
the DR strategy is applied to the LT evaporators, the electrical energy saved respect to the baseline
is equal to -2.09%, while the electricity cost saving is -23.37%. When the MT and the LT strategies
are applied together, the amount of energy saving is -4.25% and the electricity cost saving is 25.40%, corresponding to around 6178 EUR saved in a year respect to the baseline configuration.
It is worth noting that a variation in the evaporators set-point temperatures should be carried out
carefully, as too wide intervals could influence the temperature of the stored food, leading to an
undesired deterioration of the product. This is particularly true for the MT section, where chilled
products should absolutely avoid freezing. For the considered case study, stabilization of the
products’ temperature could be guaranteed by providing the display cabinets and the cold rooms
with appropriate cold thermal energy storages, e.g. phase change materials (PCMs). Properly sized
PCMs, in fact, can be adopted for taking advantage of their high latent heat of fusion/solidification,
allowing to keep the temperature of the stored products steady. PCMs based on eutectic water-salt
solutions have melting temperatures lower than 0 °C and proved to be a good choice for use in
refrigeration applications (Oro et al., 2012). In literature, many works depict the advantage of PCMs
used in display cabinets and cold rooms, highlighting that the adoption of PCMs allows to maintain
the same cooling power of the original cabinets and can lead to a temperature reduction of core
food, an improvement of temperature distribution uniformity and a reduction in temperature rise
during defrost period (Lu et al., 2010; Sevault et al., 2018; Beek and Jong, 2014; Alzuwaid et al.,
2015; Fioretti et al., 2016). In this way, it is possible to raise/decrease the evaporation temperature
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of few degrees for limited time while still maintain the required cooling conditions for the display
cabinets and the cold rooms.

Figure 4: DR strategy applied to the MT/LT evaporators (FT: fixed tariff)

6. CONCLUSIONS
In this work, a demand side management (DSM) program based on a demand response (DR)
strategy was applied to a CO2 transcritical/subcritical commercial refrigeration system installed in a
supermarket. The DR strategy was defined according to a real-time pricing (RTP) algorithm that
takes into account the 2018 Italian National Price (PUN). The DR strategy was applied at both the
refrigeration cycle level and the demand level. As regards the former, a DR algorithm was applied to
the control strategy of the fire prevention water tank recharging system, which uses liquid CO 2 exiting
the refrigeration system receiver. In this case, however, the simulation gave negative results: the
DR-based configuration shows a yearly electricity cost lower than that of the original non-DR
configuration, but the setup without recharging system still provides the lowest electricity cost. Two
DR strategies were also applied at the demand level, specifically to the MT and LT evaporators setpoint temperatures. It was found that the two strategies perform well, providing the best result when
applied together. In this case, the yearly electrical energy saving is equal to -4.25% and the electricity
cost saving corresponds to -25.40% respect to the non-DR baseline configuration.
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ABSTRACT
Ejectors as alternative to expansion valves are used to increase efficiency of cooling circuits. To
cope with different mass flows or inlet pressures, adaptable ejectors and multiple ejectors are
utilized. A simplified model is needed to size an ejector in a circuit. It must be fast and accurate to
be included in dynamic simulations of cooling circuits. This article proposes a 1D model to calculate
the entrainment ratio and the pressure recovery of a supersonic ejector. It is based on data from
literature and a CO2 test bench with adaptable ejector not presented in this paper. The model uses
few experimental points for calibration and the mixing process is modelled in a different way
compared to previous articles. The entrainment ratio is calculated with a precision of 10%. The model
is validated with CO2 for high pressures ranging from 9.0 MPa to 12.0 MPa and low pressure from
2.3 MPa to 3.6 MPa.
Keywords: Refrigeration, Carbon Dioxide, Ejector, Modelling.

1. INTRODUCTION
To decrease the impact of the refrigeration on the climate change, new refrigerants and cycles are
used. CO2 is an interesting refrigerant with a low GWP (Global Warming Potential), is non-flammable
and not-toxic (Kuikpers and Peixoto, 2014). However, the performances of the units are lower than
for other refrigerants, especially when its cycle is transcritical. Ejectors are a solution to improve the
performance by using the energy of expansion. They can be equipped with needles or multiple
ejectors can be used to adapt it at the outlet conditions on the cycle (Llopis et al., 2018). One limit of
the use of ejector is the absence of simplified models to test their impact on the cycle.
The principle of this study is to propose a simplified model allowing to predict the two characteristics
of an ejector, the entrainment ratio (e) and the pressure recovery (PR) defined by Eq. (1) and Eq. (2).
Entrainment ratio characterises the capacity to create a mass flow at the secondary inlet (s) with the
pressure and mass flow of the primary fluid (p). Pressure recovery characterises the increase of
pressure between the secondary inlet and the outlet of the ejector (out).
e=

!s
m
!p
m

PR =

Pout
Ps

Eq. (1)

Eq. (2)

One of the advantages of the model is to use few experimental points for calibration, in this case
eleven. These data are provided by tests made at the laboratory on an industrial unit, modified to
include sensors (not presented here). This unit is working with CO2 and has a capacity of 12 kW at
0/30 °C. Mass flows, pressures and temperatures are measured at the inlets of the ejector.
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2. EJECTOR MODEL
The model is similar to the models developed by Liu and Groll (2013) and Cardemil and Colle (2012).
The idea is to describe the flow inside the ejector with a 0D model. Each transformation is simplified
and characterised by an isentropic coefficient. These isentropic coefficients can be fixed or variable.
Cardemil and Colle model was developed for vapour ejector, and later adapted for diphasic.
Cardemil and Colle (2012) use their models on R-141b (vapour ejector) and water (diphasic ejector).
An advantage of this kind of ejector model is to be compatible for system modelling. For example,
Zheng et al., (2015) use this method on a dynamic model of a CO2 system. A different approach will
be used by Zhu and Jiang (2018) by taking directly into account the impact of the liquid mass fraction
at the nozzle throat with a CO2 ejector. Their work is for high pressure going from 7.98 MPa to 9.28
MPa, with the low pressure from 4.15 MPa to 4.36 MPa. These models have in common to redefine
coefficients for each ejector and refrigerant. Recently a new approach has been proposed to predict
the behaviour of ejector for off-design conditions. Off-design conditions are points where the two
fluids aren’t chocked in the case of a supersonic ejector. According to the inlet conditions Wang et
al., (2019) are able to evaluate the entrainment ratio of a vapour ejector working with R-245fa with
an error of 10% for the off-design mode. Taslimi Taleghani et al., (2018) are working on a CO2 model
able to work in all conditions, they use fixed polytropic coefficients to adapt the model. They are able
to predict the primary mass flow with an error between 1% and 16% for a high pressure between
7.6 MPa and 8.9 MPa. A difficulty of this kind of model is that test benches are usually not able to
work for off-design conditions, validation of these models are complicated. For this study, it was
decided to work on increasing the range of validity of a diphasic model. The case study is a CO2
supersonic ejector which was designed for refrigeration application with an inlet high pressure
ranging from 9.0 MPa to 12.6 MPa and a low pressure from 2.3 MPa to 3.1 MPa.
2.1.

Description of the Flow

Fig. 1 represents a supersonic ejector with constant mixing area and the profiles of pressure and
velocity of the fluid inside it. This evolution was proposed by (Huang et al. 1999) from a model of
(Munday & Bagster 1977) on vapour ejector. At the primary inlet, the fluid at high pressure enters
the nozzle, with the decrease of area, speed increases while pressure decreases, until the primary
flow becomes choked (t). With the increasing of section, the supersonic flow continues to accelerate
while the pressure decreases (1). At the end of the nozzle, the pressure is lower than the pressure
at the secondary inlet. Hence, the secondary flow is sucked. At the outlet of the nozzle, the primary
flow is assumed to keep expanding without mixing with the secondary flow (1 to 1’). Secondary fluid
is assumed to reach its maximal speed for its lowest cross section (1’) formed by the primary core
flow and the ejector wall. The secondary flow becomes supersonic. The mixing process happens
after the secondary flow is supersonic. The two fluids mix achieving same speed and pressure (2).
A shock wave happens before the diffuser (3), the flow becomes subsonic, then the pressure rises
while the cross section increases and the velocity decreases (4 to 5).
The model is based on the three conservation laws. The diphasic flow that appears in the ejector is
supposed homogeneous, impact of one phase on the other is neglected. The flow is supposed to be
steady-state and one-dimensional; it is supposed at thermodynamic equilibrium. The ejector is
modelled as adiabatic and kinetic energy at the inlets as negligible. The thermodynamic data is
provided by CoolProp (Bell et al., 2014). The inputs of the model are for the primary fluid, temperature
and mass flow, for the secondary fluid, pressure, and enthalpy. Contrary to usual approaches, the
mass flow is taken as an input instead of the pressure, the aim is to have a model compatible with
complete simulation of a refrigeration cycle. The outputs are the mass flow at the secondary inlet
and the pressure at the outlet of the compressor. In the following paragraphs the subscripts
correspond to Figure 1 with p for the primary flow and s for the secondary flow.
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Figure 1: Representation of the flow inside the ejector

2.1.1.
Nozzle
According to our previous assumptions, the expansion is not-isentropic. Fig. 2 shows the method to
evaluate the conditions at the throat and the outlet of the divergent. The isentropic efficiency at the
nozzle is defined as Eq. 3. The input data are the mass flow, the temperature and the area of the
throat. The outputs at the throat are the pressure, enthalpy and velocity of the primary fluid. The
pressure at the inlet is initialized, allowing to calculate the entropy. Then the pressure at the throat
is initialized. The isentropic efficiency of the nozzle allows to calculate the enthalpy at the throat.
With the first law of thermodynamics the speed is calculated. If this speed corresponds to the
maximal mass velocity (Gp), the mass conservation is tested. If not, the inlet pressure is changed. If
the velocity and density at the throat don’t correspond to the maximal mass velocity, the pressure at
the throat is changed. The characteristics of the fluid (pressure P, enthalpy h and density ρ) are
calculated from CooProp (fCoolProp).

ht =

h p - ht
h p - htis

Eq. (3)

Cardemil and Colle (2012) suppose the expansion of the fluid after the throat in the diverging section
(t to 1, Figure 1) is isentropic due to the small angle. On Figure 2 this assumption is not used, an
isentropic coefficient is associated to the expansion. At the end of the diverging part, the expansion
through the fictive wall (1 to 1', Figure 1) is supposed not-isentropic due to the possibility of oblique
shock wave and the friction with the secondary fluid. The state of the fluid in 1 is calculated with an
iterative loop on the pressure and the mass conservation as in 1’. The expansion coefficient ϕ is
calculated from the inlet data and determined by adjustment on experimental data points as the other
coefficients (section 3). The area Ap1’ is calculated with Eq. 4.

æA ö

f = çç p1 ÷÷
è Ap1 ' ø

Eq. (4)

This expansion coefficient characterises the expansion of the primary fluid from the outlet of the
diverging part until the section where the two fluids begin to mix. If the expansion ratio is close to 1,
the primary flow doesn’t expand, the cross area of the secondary fluid is important, the ejector has
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a high entrainment ratio. If the primary fluid expands a lot, the expansion ratio is low, its pressure
decreases a lot too and there is less area for the secondary flow, the ratio entrainment is low.

Figure 2: Flowchart of the model of the nozzle

2.1.2.
Aspiration
Similarly, to the nozzle evolution, an isentropic coefficient is associated with the suction of the
secondary fluid. The pressure and enthalpy from the secondary flow are used as input of the model.
The flow is supposed choked at fictive throat. The enthalpy allowing to achieve maximal mass
velocity in 1’ is sought. With the isentropic coefficient and the first law of thermodynamics, the
characteristics of the two flows in 1’ are determined as shown in Fig. 3. The secondary mass flowrate
is determined in this step and so the entrainment ratio.
2.1.3.
Mixing
The energy conservation and momentum conservation are used to calculate the state of the fluid at
the end of the mixing process. Unlike with other models, the mixing process is not assumed to take
place at constant pressure. Also, no adjustable coefficient is used to characterise this evolution.
Without the constraint to mix at the same pressure, it is possible to suppress one coefficient and the
corresponding correlation. CFD analysis tends to agree with this observation (Banasiak et al. 2014).
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Figure 3: Flowchart of the model of the aspiration

2.1.4.
Shock wave and diffuser
The supersonic flow is supposed to become subsonic before the diffuser. The Hugoniot equation
(Anderson 2002) is written to solve the shock wave (Eq. 7) with the mass conservation.

P4 - P3
= u32
r 4 - r3

Eq. (7)

The expansion of the subsonic flow inside the diffuser is characterised with an isentropic efficiency.
The first law of thermodynamics and the mass conservation allow to determine the enthalpy, velocity
and pressure at the outlet of the ejector. The pressure recovery is known.
2.1.5.
Supersonic flow
The speed sound of the fluid is needed inside the models of the throat and suction. It is difficult to
define the sonic speed of a diphasic flow; each phase has its own. We have decided to calculate it
by considering the expansion of a monophasic fluid in a convergent and by seeking the maximal
mass velocity at the minimal cross section. With an isentropic efficiency for the evolution, for each
pressure at the throat, a mass velocity is calculated with the energy conservation. The pressure
giving the maximal mass velocity corresponds to the pressure at the throat. This method was used
by Copigneaux et al. (1984). In previous studies the correlations of Nguyen et al, (1981); Lund and
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Flatten, (2010); Attou and Seynhaeve, (1999) were used. Such methods consider a difference
between the sonic speed of liquid and vapour. In the present method, the fluid is considered
homogeneous and a mean velocity for the diphasic fluid is considered.
2.2.

Identification of the Coefficients

The efficiencies and expansion ratio used in the models are calculated from polynomial equations.
The coefficients of the equations are deduced from measured data points. Eleven experimental
points were used. The aim was to use few points to decrease the time of tests. An example is given
with the Eq. 8 for the nozzle. Reduced pressure (Pred) and enthalpy (hred) are defined by dividing the
pressure or enthalpy by its value at the critical point.
2
2
2
2
h n = aPred + bhred + cPred
+ dhred
+ ePred hred + fPred hred
+ gPred
hred + i

Eq. (8)

Each coefficient (at the nozzle, fictive throat, suction, expansion and diffuser) is calculated according
to the same method. The efficiency ranges from 0.55 to 0.99 for the nozzle, from 0.30 to 0.60 for the
fictive throat, from 0.41 to 0.62 for the suction, from 0.40 to 0.50 for the diffuser. Liu and Groll (2013),
obtain similar values from 0.50 to 0.93 for the nozzle and from 0.37 to 0.90 for the suction. Values
for the diffuser are quite low compared to other ejectors. An explanation could be the presence of
liquid which is greater than for other ejectors. The expansion coefficient (ϕ) is between 0.45 and
0.50, which is lower than for Cardemil and Colle (2012) (around 0.87). An isentropic efficiency of 1
is used for the diverging part of the primary nozzle.
2.3.

Validation of the Models

Nineteen points are used to validate the model, they are different from the points used for the
calibration of the efficiencies. Entrainment ratio and pressure recovery are calculated and compared
to experimental data. The primary pressure is between 9 MPa and 12.6 MPa, the secondary
pressure is between 2.3 MPa and 3.0 MPa. To change the conditions at the inlet of the ejector, the
speed of the compressor and the temperature at the inlet of the ejector are changed. The entrainment
ratio is calculated with a relative deviation of 10% and represented on Fig. 4. HP stands for high
pressure at the primary inlet of the ejector and LP for low pressure at the secondary inlet of the
ejector. Entrainment ratio is between 0.4 and 0.6, which are values compatible with this ejector.
Entrainment ratio was known with a relative error of 1.5% from our experimental data.
On Figure 4, three levels of temperature for the high pressure were used. We can draw the
entrainment ratio as a function of the ratio between high pressure and low pressure for one
temperature 301 K on Fig. 5. The decrease of the entrainment ratio can be correlated with the
increase of the ratio of high pressure over low pressure.
The pressure recovery is calculated with a relative error of 10% and represented on Fig. 6. The
values are between 1.02 and 1.17. The highest pressure rise is achieved for the highest primary
pressure inlet.

Figure 4: Comparison between the predicted and the measured entrainment ratio
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Figure 5: Evolution of the entrainment ratio according to the ratio High pressure/Low pressure (Pp/Ps)

Figure 6: Comparison between the predicted and the measured pressure recovery

3. CONCLUSIONS
In this study a diphasic, supersonic, ejector model was developed and calibrated from eleven
experimental points. Compared to previous models for CO2 ejectors, the mixing process is not
described as happening at a constant pressure. Compared to Cardemil and Colle (2012), the
precision of the calculation of the entrainment ratio is lower, they achieve an error of +/-2.5% but on
a narrower range 0.603 to 0.640 compared to 0.4 to 0.6 in the present study.
Some modifications were made compared to previous models. The advantages of the present model
are to use few experimental points for calibration and to work on different range of conditions that
previous models. A new method to evaluate the sonic speed was proposed. The choice to use few
experimental points allows the model to be easily used for new ejectors and fluid. Upgrades on the
calculations of efficiency can still be made to achieve new improvements on the circuit.

NOMENCLATURE
efficiency
P
pressure (Pa)
T
temperature (K)
density (kg.m-3)
r
A
area (m-2)
crit
critical
t
throat
red
reduced
is
isentropic
in
inlet
coolprop CoolProp
HP
high pressure

h

h
u
e
PR
G
ϕ

m!

s
out
LP
G
1-5

enthalpy (J.kg–1)
speed (m.s-1)
entrainment ratio
pressure recovery
mass velocity (kg.m-2.s-1)
expansion coefficient
mass flow (kg.s-1)
entropy (J.kg–1.K–1)
outlet
low pressure
mass velocity (kg.m-2.s-1)
ejector cross section
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ABSTRACT
Vapor ejector technology compresses gas using thermal rather than mechanical or electrical energy.
For a given motive pressure, ejector capacity is constant; it is a direct function of the motive nozzle
throat area. When the available thermal motive power is changed, an adjustable needle could move
within the motive nozzle, varying the throat area. A steam activated vapor ejector test bench was used
to investigate this design strategy. First, tests were completed with two constant area motive nozzles
having throat areas of 12.8 mm2 and 20.3 mm2. Then, a needle-equipped motive nozzle, having a
maximum throat area of 20.1 mm2, was evaluated over approximately the same throat area range.
Experimentally evaluated ejector performance was similar for both the needle-equipped and the
constant area nozzles, for moderate throat area reduction. However, for throat area reductions greater
than 24%, the needle-equipped ejector showed a performance penalty compared to the constant area
ejector.
Keywords: Ejector, Steam, Needle, Entrainment Ratio.

1. INTRODUCTION
In many industrial processes, an amount of heat is rejected to the surroundings as waste. On the other
hand, newer transformative technologies such as solar panels produce low grade thermal energy. Both
waste heat and low grade thermal energy can be used successfully in refrigeration or heating systems
to decrease their power demand. Ejectors that act as thermally activated compressors are one of the
very promising technologies for reducing energy intensity in processes by upgrading low grade heat.
They are also attractive due to their low cost and simple design (no moving parts), and can be
manufactured with chemically resistant materials to survive harsh environments. Ejectors can not only
be used for compression, but also for pumping, creating vacuum, or mixing. Successful ejector
applications often make use of some combination of these functions, or the thermal effects associated
with them.
In the past decades, the main ejector research has focused on improving air conditioning and
refrigeration cycles (Little et Garimella, 2011, Chen et al., 2013, Besagni et al., 2016). Recently ejector
applications have also been reported for some industrial processes such as carbon capture from flue
gas (Reddick et al., 2014, 2016) where an ejector is used to increase the efficiency of the absorption
process for post-combustion carbon capture in electric power plants. In other cases, ejectors provide
thermal compression of low grade heat, or renewable sources, such as solar energy. Ashrafi et al. (2018)
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demonstrated ejector integration in the Selexol gas purification process to reduce the energy demand
as well as capital and operating costs for the process.
The main previous research efforts concentrated on the development of ejector models, ejector
geometric optimization and selection of the proper working fluid and its influence on ejector operation.
Important research subjects focus on ejector geometric optimization and operating conditions to improve
ejector performance. An important key parameter is the non-dimensional area ratio (ψ), which is the
ratio between the area of the ejector constant diameter duct (Figure 1) and the area of the motive nozzle
throat. Most of the research work was dedicated to finding the optimum area ratio for specific operating
conditions. For example Nahdi et al. (1993), using R-11, evaluated ejectors having area ratios from 4.00
to 13.44, by using seven different ejector motive nozzle diameters. They found an optimal area ratio
value of 9.87, for a compression ratio of 2.2 and a fixed primary pressure. Yapici et al. (2008) performed
experiments with R-123 as the working fluid and concluded that the optimum area ratio increases almost
linearly with the generator temperature. Yan and Cai (2012) performed experiments with a R-134a, 2 kW
cooling capacity ejector refrigeration system in which the area ratio was varied from 2.74 to 5.37 by
using different ejector motive nozzle diameters. They observed that the optimum performance is
obtained at higher area ratio when the outlet pressure is fixed and the primary pressure increases.
Ruangtrakoon et al. (2001), and Reddick et al. (2018), both using experimental steam ejector systems,
observed that the critical pressure decreased with the increase of the area ratio at fixed primary
pressure. Poirier et al. (2018), using R-134 refrigerant, investigated ejectors having three different area
ratios from 4.2 to 8.5. The results showed that when the area ratio decreases from 8.5 to 4.2 the
maximum of the entrainment ratio moves to the higher ejector outlet pressure, for fixed primary pressure.
The reason for this is that the larger throat diameter (area ratio of 4.2) delivers higher primary mass flow
rate, which results in the ejector attaining optimum operation at higher ejector outlet pressure.
All these results show that a given ejector can only perform at optimal performance over very narrow
operating conditions. A small change in the operating conditions can require a different ejector design,
particularly when ejector performance targets must be satisfied. This can easily occur when the
downstream process is sensitive to the ejector output. The main reason for this is the inability of
supersonic ejectors to change the mass flow rate of the primary motive steam while maintaining the
entrainment ratio and outlet pressure at constant values. To solve this problem, Varga et al. (2011)
introduced a new ejector design that uses a variable motive nozzle, where the mass flow rate of the
motive steam changes with the motive nozzle throat diameter. The experiment was performed with a
5 kW capacity steam ejector and the variable geometry was achieved by applying a movable needle at
the motive nozzle inlet. Yen et al. (2013) studied a solar supply refrigeration system with variable throat
ejector design, also obtained by the use of a needle. They concluded that the variable throat ejector can
consistently achieve optimal and stable performance under varying solar heat supply. Li et al. (2014,
2016) also experimentally evaluated the influence of a variable area motive nozzle ejector on a multievaporator refrigeration system. They showed that energy efficiency with a variable area motive nozzle
could be improved by 12%. Motive nozzle needle position also proved to have a great impact on system
performance by lowering power consumption. Pereira et al. (2014) experimentally verified the
advantages of using an ejector with variable area motive nozzle compared to a fixed ejector geometry
by using R-600a refrigerant. It was also shown that the larger the difference between the actual and
design condenser pressure, the larger the benefits of using an ejector with variable area motive nozzle.
Similar results were obtained by Varga et al. (2017), showing that adequate selection of the needle
position achieved thermal COP improvements as high as 35%.
The reported research with variable throat area ejectors shows a promising step forward in optimal and
stable ejector operation under varying heat supply and operating conditions, but most of the research
was limited to few experimental tests. There is thus a need to further investigate this technology. This
paper presents an experimental comparison of the performance of a needle-equipped motive nozzle
with the performance of two constant area motive nozzles when installed into the same ejector body.
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First, tests were completed with two constant area motive nozzles having throat areas of 12.8 mm 2 and
20.3 mm2. Then, a needle-equipped motive nozzle, having a maximum throat area of 20.1 mm2, was
evaluated over approximately the same throat area range. In addition, two needle designs were
fabricated and tested.

2. METHODS
This section will present the test bench, the ejector, the needles, the test procedure, and the
instrumentation.
2.1.

Test bench

The test bench was constructed at CanmetENERGY, in Varennes, Canada. It is made up of five major
components: boiler, superheater, ejector, flash tank and atmospheric condenser. A 75 kW electric boiler,
with a maximum pressure of 600 kPa, provides the main source of energy input to the test bench as
well as the ejector primary inlet steam flow. The steam leaving the boiler splits into two branches. The
main branch, which constitutes the primary inlet flow, passes through a 3 kW superheater and continues
to the primary inlet port of the ejector. This main branch provides the thermal motive power to the ejector.
The secondary branch leaves the boiler and is routed to the flash tank, where it provides the energy
input to the secondary inlet steam of the ejector. This secondary branch simulates the cooling load. A
more detailed description of the test bench is found in Reddick et al. (2018).
2.2.

Ejector and needles

The ejector used, which is shown in Figure 1, was custom designed and fabricated for CanmetENERGY.
It includes a motive nozzle located in the convergent of the ejector main body (this region can also be
identified as the "secondary nozzle") and allows the displacement of a needle (not shown in Figure 1)
within the throat of the motive nozzle. The throat diameter is identified D2p in Figure 1. Three different
motive nozzles were used. One with a throat diameter of 5.06 mm (throat area of 20.1 mm2) was
fabricated to allow needle movement within the throat, identified "New nozzle". Its dimensions are
reported in Table 1, as well as the dimensions of the ejector body. The two other motive nozzles were
fabricated for the work of Reddick et al. (2018), and are identified "Reddick-2018". They have throat
diameters of 4.03 mm and 5.09 mm corresponding to throat areas of 12.8 mm 2 and 20.3 mm2,
respectively.

Figure 1: Ejector geometry
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Table 1. Dimensions of the ejector

New nozzle
Dimension
XL1 (mm)
XL2 (mm)
D1p (mm)
D2p (mm)
D3p (mm)
conv. half-angle (°)
div. half-angle (°)

Ejector body
Dimension
NXP (mm)
XL4 (mm)
XL5 (mm)
XL6 (mm)
D5, D6 (mm)
D7 (mm)
conv. half-angle (°)
diff. half-angle (°)

Value
65.94
16.61
22.22
5.06
6.83
7.41
3.00

Value
30.00
30.00
58.00
139.24
9.50
28.97
4.00
4.00

Two different needles were fabricated; they are identified as the Long-needle (shown in Figure 2a) and
the Short-needle (shown in Figure 2b). They are moved by a screw mechanism and the position relative
to the throat of the motive nozzle is measured with a caliper. The dimensions of the needles are reported
in Table 2.
b

a

Figure 2: Needles (a: Long-needle, b: Short-needle)
Table 2: Dimensions of the needles
Dimension
Long-needle
Short-needle
d (mm)
6.35
3.95
L (mm)
33.88
9.34
θ (°)
10.5
22.0

An important ejector parameter is the area ratio (ψ). It is the area of the constant diameter duct portion
of the ejector body (XL5 in Figure 1) divided by the area of the motive nozzle throat (ψ = AXL5/At), where
At = π·(φeq)2/4. When the needle is inside the throat of the motive nozzle, it blocks a fraction of the throat
area. An equivalent throat diameter (φeq) can be calculated for the annular cross-section corresponding
to the unobstructed throat area for fluid flow (that will in fact have the shape of a donut). Since the area
of the constant diameter duct is fixed, ψ increases when the needle enters the throat of the motive
nozzle. There is thus a correlation between φeq and ψ. The Reddick-2018 motive nozzles tested in this
work, having φeq of 4.03 mm and 5.09 mm, equate to ψ of 5.6 and 3.5, respectively. The motive nozzle
equipped with the needle was tested within this ψ range by varying the needle position.
2.3.

Test procedure

All the tests that will be discussed in this paper were performed by increasing the ejector outlet pressure
(P3) stepwise, at fixed primary inlet pressure (P1) and fixed secondary inlet pressure (P2). The two
important parameters extracted from the data are the entrainment ratio (ω), obtains from Equation 1,
and the critical outlet pressure (Pcrit) that corresponds to the outlet pressure (P3) where ω starts to
decrease (Chen et al., 2013). The entrainment ratio and critical pressure together characterize the
ejector performance.
ω = m2/m1
Eq. (1)
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2.4.

Instrumentation

The temperature, the pressure and the flow rate at the primary inlet, the secondary inlet and the outlet
of the ejector are measured. The information on the instrumentation, including the accuracy, was
provided by Reddick et al. (2018). A data acquisition system recorded the values of all instruments, at
two second intervals. The data points presented in the figures in the next section are average values
calculated over a one minute interval (the average of 30 consecutive measurements), taken during a
period of steady state operation.

3. RESULTS AND DISCUSSION
The primary inlet flow rate (m1) was measured for several positions of the Long-needle within the throat
of the motive nozzle. During normal operation, the velocity at the throat is sonic and there is a possibility
that the insertion of the needle into the throat region could lead to a disturbance of the flow stream that
induces a decrease in the flow rate. Using the numbers in Table 2 and the position of the needle as
determined by a caliper measurement, the percent free throat area and the equivalent diameter (φeq)
were calculated. The results are reported in Figure 3, which show three sets of data. The curve identified
"Theory" corresponds to the theoretical flow rate calculated at fixed inlet pressure and temperature with
the method given by Poirier et al. (2018). The fixed inlet pressure and temperature (453 kPa/174°C in
Figure 3a and 552 kPa/181°C in Figure 3b) correspond to the average values of the experimental points
for the tests done with the motive nozzle equipped with the Long-needle. A discharge coefficient (Cd) of
0.98 was applied to these data (Poirier et al., 2018). The data identified "Reddick-2018" were obtained
with the two motive nozzles used by Reddick et al. (2018), as described in section 2.2. Finally, the data
identified "Long-needle" are the results obtained with the motive nozzle equipped with the Long-needle.
Both Figures 3a and 3b show that the experimental and theoretical results are very close, which confirms
that the measured positions of the needle are accurate and that the insertion of the Long-needle into
the motive nozzle throat does not have a negative impact on the primary mass flow rate (m1).
Consequently, the insertion of a needle into the motive nozzle of an ejector system is an appropriate
way to reduce the primary flow rate and thus reduce the thermal motive power input.

Figure 3: m1 as a function of φeq (a: P1 = 453 kPa, T1 = 174°C, b: P1 = 552 kPa, T1 = 181°C)

Figure 4 shows ω as a function of P3 for tests done with the three motive nozzles, for fixed P1 and P2.
The results indicate a decrease in Pcrit and an increase in ω when ψ increases, which is in agreement
with previous works (e.g.: Poirier et al., 2018 and Reddick et al., 2018). This figure also shows that the
new nozzle (Long-needle), which has ψ of 3.5 when the needle has not entered the throat of the motive
nozzle, leads to ω and Pcrit values comparable to the "Reddick-2018" nozzle of ψ of 3.5.
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Figure 4: ω as a function of P3 for three motive
nozzles (P2 is 92 kPa for blue curve and 98 kPa
for red and green curves)

Figure 5: ω as a function of P3 for different ψ
obtained with the "New nozzle" equipped with the
Long-needle (P1 = 550 kPa, P2 = 95 kPa)

Now, Figure 5 presents the results obtained with the progressive insertion of the long-needle into the
throat of the motive nozzle, for fixed P1 and P2. As expected, ω increases and Pcrit decreases with the
decrease in φeq, and the associated increase in ψ. However, the results of Figure 5 show a detrimental
effect of the needle for an important decrease of the effective throat area. Results observed when P3 is
increased stepwise at fixed P1 and P2 are a plateau of constant ω at low values of P3 and a fast decrease
of ω at P3 > Pcrit. In Figure 5, the results when the needle has not entered the throat of the motive nozzle
(purple curve, φeq = 5.06 mm) are in agreement with the well documented results when testing an
ejector. The two dotted lines, added to show both important trends in the course of the increase of P3,
meet at a P3 value close to Pcrit, which is the desired outcome. For φeq of 4.60 mm (83% free throat
area), the results (green curve) are quite similar to those for φeq of 5.06 mm (100% free throat area);
there is no detrimental effect of the needle at this point. Then, for φeq of 4.40 mm (76% free throat area),
the results (blue curve) show a more fuzzy Pcrit, and the P3 value where the dotted lines meet is around
20 kPa higher than the P3 value where ω starts to decrease. Finally, for φeq of 4.25 mm (71% free throat
area), the results (red curve) show a two-plateau decrease of ω; the higher ω value being obtained at a
much lower P3, which constitutes a decrease in performance.

Figure 6: Pcrit and ω versus φeq for Reddick-2018
nozzles and the New nozzle with the Long-needle

Figure 7: ω versus P3 for the New nozzle with the
Long- and the Short-needle at φeq = 4.40 mm

To better visualize the effect of the Long-needle, Figure 6 compares the evolution of ω and Pcrit for
motive nozzles of equal φeq, obtained without (Reddick-2018) and with (Long-needle) the use of the
needle. There is roughly no difference for ω, but Pcrit is lower for the case of the long-needle, and this
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difference become quite significant when the distance of the needle inside the throat increases (i.e. for
low φeq). Thus, this Long-needle allows the proper operation of the ejector for φeq between 5.06 mm and
4.60 mm. At that point, the long-needle is 11.80 mm inside the divergent of the motive nozzle, where
the velocity is supersonic and increasing with the distance from the throat. The presence of the tip of
the needle in the high supersonic location could be the reason of the detrimental effect observed at the
lower φeq of 4.40 mm and 4.25 mm, for which the Long-needle distances inside the throat are 13.95 mm
and 15.34 mm, respectively.
To investigate the impact of the presence of the needle inside the divergent of the motive nozzle, a
second, shorter needle, was fabricated. The results of the first test done with this Short-needle are
compared with the results obtained with the Long-needle at similar conditions, shown in Figure 7. The
φeq and ψ are the same for both cases, but the distances inside the throat are 13.95 mm for the Longneedle and 5.93 mm for the Short-needle. Although the Short-needle also has a detrimental effect, there
is an improvement of ω for P3 of 178 kPa, which could be associated to a first critical pressure not seen
in the test with the Long-needle. The tests with the Short-needle will be continued and the design of the
needle will continue to be optimized.

4. CONCLUSIONS
The objective of this work was to investigate the performance impact using a needle inserted into the
motive nozzle of an ejector for the control of the system capacity. The results showed that the insertion
of a needle into the ejector motive nozzle is an appropriate design method for reducing the primary mass
flow rate, and consequently for reducing the ejector motive power input. Experimentally evaluated
ejector performance was similar for both the needle-equipped and the constant area nozzles, when the
effective throat area was between 83% to 100% of the free throat area. However, when the effective
throat area of the needle-equipped ejector was less than 76%, there was a decrease in the critical
pressure compared to a constant throat area motive nozzle of equal area, which constitutes a loss in
performance. A better design of the needle could decrease or eliminate this detrimental effect. This will
be investigated in our future works.
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NOMENCLATURE
A
D
L
m
NXP
P
T
XL

area (mm2)
diameter (mm), see Fig. 1
length of the conical needle tip (mm)
mass flow rate (kg×h-1)
Nozzle eXit Position
pressure (kPa)
temperature (°C)
section length (mm), see Fig.1

Greek symbols
θ
angle of the needle (°)

φ
ψ
ω

diameter (mm)
area ratio (-)
Entrainment ratio (-)

Subscripts and superscripts
1
ejector primary inlet stream
2
ejector secondary inlet stream
3
ejector outlet stream
crit
critical
eq
equivalent
t
throat
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ABSTRACT
Air-to-refrigerant heat exchangers (HXs) are vital components of HVAC&R systems. Such HXs often use
extended surfaces (fins) to overcome large airside thermal resistance despite fins’ intrinsic increased pressure
drop, material cost, and fouling potential. However, advancements in Computational Fluid Dynamics (CFD),
Finite Element Analysis (FEA), and optimization algorithms have led to a paradigm shift to eliminate fins
through primary heat transfer surface optimization. In this work, automated CFD and FEA simulations and
approximation-assisted optimization are used to design novel condensers with shape-optimized tubes that are
lighter, more compact, and outperform current state-of-the-art tube-fin condensers without compromising tube
integrity. The optimal condensers deliver similar capacity with 20% reductions in airside pressure drop and
envelope volume. The novel designs also feature more than 20% charge reduction which can enable lowerGWP A2L refrigerants.
Keywords: air-cooled exchanger, condenser, heat exchanger, optimization

1. INTRODUCTION
Air-to-refrigerant heat exchangers (HXs) serve as critical components of HVAC&R systems, and, as such,
have been the topic of considerable research. Compact HXs, i.e., HXs with characteristic diameters smaller
than 6.0 mm (Kays and London, 1984), are of particular interest since their large heat transfer area to volume
ratio allow for significant size and packaging reductions. Conventional practice utilizes secondary surfaces
(fins) to achieve high performance, compact HXs. This is especially the case for HXs featuring small
characteristic diameter tubes, which by themselves do not have adequate primary heat transfer area to achieve
the required thermal resistance.
However, fins are unattractive due to increased hydraulic penalties, fouling/frosting potential, and material
consumption. Recent work by Bacellar et al. (2017a) argued that as tube diameter decreases, finless surfaces
achieve higher heat transfer coefficients for lower hydraulic losses compared to finned surfaces. The use and
potential performance improvements which can be realized by finless HXs with small diameter round tubes
has been well-studied (Paitoonsurikarn et al., 2000; Saji et al., 2001; Kasagi et al., 2003; Chen et al., 2016).
More recently, Bacellar et al. (2017a, 2017b) argued that conventional HX design practices for improving
performance should be renovated in line with modern computational and manufacturing capabilities. The
authors presented a comprehensive multi-scale analysis and shape and topology optimization framework
which explores the potential improvements which could be realized by HXs featuring novel finless tube shapes
with small characteristic diameters. The authors experimentally validated an additively manufactured proof-ofconcept optimal design, showing the viability of shape optimization and additive manufacturing.
In a related work, Radermacher et al. (2017) indicated that shape-optimized tubes do not possess the same
level of structural integrity as conventional round tubes. Thus, detailed and computationally expensive
structural analyses must be carried out for each candidate geometry to verify whether the tube shape meets
pressure-holding requirements. Further, Tancabel et al. (2018) noted that no air-to-refrigerant HX shape and
topology optimization studies in literature explicitly consider tube structural integrity, calling into question
whether an optimal design is feasible from a pressure-holding standpoint.
This paper presents the development of a HX optimization framework featuring multi-scale and multi-physics
analyses and tube-level shape and topology optimization. The methodology was applied to design a finless
condenser which could serve as a drop-in replacement in a state-of-the-art 1.5TR air-conditioning system.
Comprehensive numerical verifications were performed and are discussed in detail. The future outlook of this
integrated optimization framework is also discussed.
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2. METHODOLOGY
2.1

Design & Optimization Framework

Fig. 1 presents the numerical HX optimization framework, which consists of an Approximation-Assisted
Optimization (AAO) involving automated CFD (Abdelaziz et al., 2010) and FEA simulations, Kriging
metamodeling (Cressie, 1993), and optimization with Multi-Objective Genetic Algorithm (MOGA) (Deb, 2001).

Figure 1: Optimization framework

2.2

Problem Description

This research considers air-to-refrigerant HXs in cross-flow configuration. All HXs models consider the
following assumptions: (i) frontal air velocity is uniformly distributed and normal to the HX face area; (ii) fullydeveloped refrigerant-side flow without maldistribution. The airside thermal-hydraulic performance is simulated
with CFD, while FEA simulations determine tube-level mechanical performance. The refrigerant-side thermalhydraulic performance is evaluated with existing correlations for single- and two-phase flow in small channels.
The optimization framework is applied to design of novel, finless air-to-R410A condenser which could serve
as a drop-in replacement in a state-of-the-art 1.5TR air-conditioning system. Fig. 2 presents schematics of a
generic finless HX with shape-optimized tubes and a generic multi-pass tube-fin condenser which is
representative of the baseline condenser for this study.

Figure 2: a.) Generic HX with shape optimized tubes; b.) Generic multi-pass tube-fin condenser

2.1.1

Tube Shape Parameterization

The variable tube shapes are represented by fourth-order Non-Uniform Rational B-Spline (NURBS) curves
(Tiller, 1995) as shown in Fig. 3. The NURBS curve (C) is defined as given in Eq. (1). The control point
coordinates (xi) are normalized between 0 and 1 with the leading edge (le) and trailing edge (te) points fixed
at (0,0) and (1,0), respectively. The shape design variables (us) are defined as the location of the three middle
control points. The control point x-coordinates are bounded to equally-spaced slices of the domain to prevent
self-intersecting curves.
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4

C (us )   Ri ,4 (us )xi ; Ri ,4  Basis functions; xi  Control Points; 0  us  1

Eq. (1)

i 0

Figure 3: Tube shape parameterization using NURBS

2.3

Parallel Parameterized Fluid & Structural Analysis

Manually simulating a full Design of Experiments (DoE) in CFD and FEA is computationally expensive and
impractical. To this end, Abdelaziz et al. (2010) presented a methodology termed Parallel Parameterized CFD
(PPCFD) to automate CFD simulations. The framework allowed for shape and topology changes at runtime,
which, compared to manual simulations, achieved over 90% engineering and computational time savings.
Following the same motivation, a new framework termed Parallel Parameterized Fluid & Structural Analysis
(PPFSA) was developed. This framework combines PPCFD with automated static structural FEA simulations,
allowing researchers to conduct multi-physics analyses on HXs with any tube shape. Input data is read by an
external C# code, which generates batch and journal files for creating model geometries, running simulations,
and exporting results. The C# code reads the output files and post-processes them into text files containing all
CFD and FEA results. All geometry creation and simulation is completely automated.
All present analyses utilize ANSYS® 18.0. Specifically, the CFD models utilize Gambit® 2.4.6 for geometry and
meshing and Fluent 18.0 for simulation. FEA models utilize Gambit® 2.4.6 for geometry creation and ANSYS®
Mechanical 18.0 for meshing and simulation. Fig 4 presents a flowchart for the automated structural analysis
simulations. The reader is referred to Abdelaziz et al. (2010) for additional information on PPCFD.

Figure 4: Automated structural analysis flowchart

2.3.1

CFD modeling

Fig. 5 presents a sample CFD computational domain, which is a 2D HX cross-section segment where all end
effects are considered negligible. A fine map scheme mesh with growing layers (growth ratio = 1.2) is employed
in the near-wall region to capture boundary layer physics. A pave mesh scheme with average element size
equal to the last row of the boundary layer is utilized for the core of the computational domain.
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Figure 5: Sample CFD computational domain & boundary conditions
A uniform temperature (300 K) and velocity inlet is applied at the left boundary, and the right boundary is a
constant atmospheric pressure outlet. The tube walls are kept at constant temperature (340 K). The upper and
lower boundaries are periodic. The model assumes dry air properties where density is computed using the
ideal gas model and all other thermophysical properties are polynomial curve fits of temperature. Turbulence
is computed with the realizable k-ε (RKE) model (Shih et al., 1995). The convergence criteria are set to
maximum residuals of 10-5 for continuity and momentum, 10-6 for energy, and 10-3 for turbulence. If the
simulation stabilizes but does not converge as per the above criteria, the simulation is considered converged
if the standard deviation of the final 100 iterations is less than 0.5% of the average of the same 100 iterations.
The CFD simulations determine airside thermal-hydraulic performance. Thus, it is unnecessary to consider
other thermal resistances (e.g., tube wall). To this end, the UA-Log Mean Temperature Difference (UA-LMTD)
method is used for CFD data reduction. The reader is referred Bacellar et al. (2014) for more detailed analysis.

2.3.2

CFD modeling uncertainty analysis

The Grid Convergence Index (GCI) method (Roache, 1997, ASME, 2009; Oberkampf and Roy, 2010; Roy and
Oberkampf, 2011) is a standard method for quantifying model uncertainty due to grid resolution for a minimum
of three mesh sizes. We quantify CFD uncertainty for boundary designs for three grid sizes using a constant
refinement ratio (r = 1.3). The GCI is computed as Eq. (2) based on its absolute relative difference between
two grid sizes. The recommended factor of safety is 3.0 (Roach, 1997). To avoid unnecessary uncertainty
estimations, Roy and Oberkampf (2011) recommended that the effective order of accuracy (p**) be bounded
by a minimum of 0.5 and the formal spatial order of accuracy (p) when the observed order of accuracy (p*)
deviates from the formal value by more than 10%. Fig. 6 presents the GCI analysis in this study.

GCI  

Fs  e21
r p**  1

;

p **  min max  p*;0.5; p;

p2

Eq. (2)

Figure 6: CFD uncertainty analysis

2.3.3

FEA modeling

Fig. 7a presents a sample FEA geometry, which is a 2D, plane strain cross-section of a single tube geometry
with a structured quad mesh with constant element edge size. A uniform static pressure is applied along the
internal channel edge and can be set to any pressure of interest. Previous experience with non-round tubes
indicated that the tube critical point is typically the x-axis point with minimum membrane thickness. A fixed
support is applied to the end with larger membrane thickness, while a free x-displacement, fixed y-
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displacement support is applied at the end with smaller membrane thickness. These boundary conditions do
not restrict the tube from failing at only the x-axis point with minimum membrane thickness.
The FEA simulations determine tube-level mechanical performance. Thus, the metric of interest is maximum
von Mises stress, which can be utilized to select an appropriate material for the given application.

Figure 7: Sample FEA model & boundary conditions: a.) 2D model; b.) 3D model

2.3.4

FEA modeling verification

The plane strain assumption allows the use of simpler 2D FEA models rather than detailed, computationally
expensive 3D FEA models. This assumption should hold since tube length is orders of magnitude larger than
tube height and width. This assumption was verified by simulating 2D and 3D FEA models of four proprietary
tube shapes (Private communications, 2018). Figs. 7a and 7b present descriptions of the 2D and 3D FEA
models, respectively. Table 1 contains verification data and clearly shows that a 2D FEA model is appropriate.

Geometry
NTHX1
NTHX1-1P-A
NTHX1-1P-C
NTHX1-2P-A
2.4

Table 1. Plane strain verification

Internal Pressure
MPa
6.00

Max σVM (2D)
MPa
310.20
82.17
65.20
26.84

Max σVM (3D)
MPa
310.0
81.3
65.0
27.0

Percent Diff.
[-]
+0.06%
+1.08%
+0.31%
-0.60%

Metamodeling

To save computational time, CFD- and FEA-based metamodels were developed. A 5000-design Latin
Hypercube Sampling (LHS) DoE (McKay et al., 1979) was generated and simulated using the PPFSA
framework. Kriging metamodels (Cressie, 1993) of airside heat transfer coefficient, airside pressure drop, and
maximum von Mises stress were developed using 2673 samples. Metamodel verification was conducted by
comparing metamodel responses to the results of CFD and FEA simulations for 544 random samples.
Metamodel accuracy was measured using the Metamodel Acceptance Score (MAS) (Hamad, 2006), which
gives the percentage of predicted random responses (ŷi) whose absolute relative error (ei) compared to the
simulated response (yi) is below an established threshold (eth = 10%). The metamodel is considered acceptable
if the following holds: MASth ≥ 1 - eth. Fig. 8 presents the metamodel verification results.

Figure 8: Metamodel verification

2.5

Multi-Objective Optimization

HX optimization studies have gained popularity due to recent improvements in computational tools such as
CFD and FEA packages and optimization algorithms such as MOGA (used herein). This work combines the
shape and topology optimization method of Bacellar et al. (2017a) with the new PPFSA framework to achieve
novel HX designs. The optimizer models full HXs with CoilDesigner® (Jiang et al., 2006), an in-house code for
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air-to-fluid HX modeling and simulation. Airside thermal-hydraulic performance is computed using the
constructed metamodels, and refrigerant-side performance is modeled using empirical correlations and
correction factors. Tube mechanical performance is computed using the von Mises stress metamodel. This
allows the optimizer to model full-sized HXs with novel tube shapes that achieve a desired pressure-holding
capability. The optimizer output includes two files: (i) one containing all simulated HX models and (ii) another
containing all Pareto-optimal designs. Following the optimization, all optimal designs must be simulated in CFD
and FEA to further verify the metamodel prediction accuracy.

3. OPTIMIZATION RESULTS
3.1

Optimization Problem Definition

A multi-objective optimization problem with two objectives, minimizing airside pressure drop and minimizing
HX envelope volume, was considered. The goal was to design a finless condenser with novel tube shapes
which could serve as a drop-in replacement in a state-of-the-art 1.5TR air-conditioning system. Two
optimization problems were investigated as shown in Table 2. The tube thickness-to-height ratio was fixed for
all optimizations, and all flow rates were kept the same as the baseline. The airside pressure drop was allowed
to be at most double that of the baseline since the baseline pressure drop was quite restrictive. Further, the
von Mises stress constraint includes a factor of safety on ultimate strength to allow the flexibility to consider
many different pressure holding capabilities (Private communications, 2018). An Aluminum alloy was
considered for analysis based on prior experience (Private communications, 2018).
Table 2. Optimization Problem Definition

Optimization
Objectives

I
min Pair ; min VHX
QBL  Q  1.1  QBL ;

Constraints

Pair  2.0  Pair , BL ;
VHX  0.8  VHX , BL ;

3.2

II
min Pair ; min VHX

H
QBL  Q  1.1  QBL ;
0.5  HX  2.0
H HX
LHX
0.5 
 2.0
LHX
Pair  2.0  Pair , BL ;
PRef  PRef , BL
PRef  PRef , BL
S
VHX  0.8  VHX , BL ;
 VM  ult
S
Fs
 VM  ult
Fs
FA  FABL

Optimization Results & Discussion

Fig. 9 presents the results of the optimization problem colored by face area and internal volume, respectively.
The designs are normalized with respect to the baseline for all performance metrics. It is clear that the optimal
designs can achieve 20% reductions in both airside pressure drop and envelope volume. Further, since the
optimizer was allowed to probe designs with larger airside pressure drops than the baseline, some of the
optimal could achieve envelope volume reductions of ~75% for the same baseline airside pressure drop.
Additionally, all optimal designs achieve at least 30% internal volume reduction, which helps facilitate the use
of A2L refrigerants. It must also be noted that the optimal designs can also achieve significant face area
reductions, which benefits HX manufacturers in that smaller face areas result in smaller system footprints
(Private communications, 2018).
Fig. 9 also include a sample optimal tube shape. Overall, the tube shapes tend to be more round to match the
excellent pressure-holding capabilities of round tubes. It should be noted that not all optimal designs are
manufacturable using today’s technology.
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Figure 9: Optimization results colored by (top) face area; (bottom) internal volume

4. CONCLUSIONS
This paper presents the development and application of a novel multi-scale, multi-physics analysis and shape
and topology optimization method for air-to-refrigerant HXs. Automated CFD and FEA simulations are utilized
to develop metamodels which approximate the thermal-hydraulic and mechanical performance of tube shapes,
and a MOGA uses the metamodels to generate optimal designs. The methodology was applied to design
condensers for drop-in replacement in a 1.5TR air-conditioning system. The optimal designs indicated potential
for more than 20% airside pressure drop reduction and 50% envelope volume reduction. Further, the optimal
designs deliver over 40% reduction in internal volume, which helps facilitate the use of A2L refrigerants. The
proposed methodology results in greater than 90% savings in engineering and computational time. Future
work includes prototyping and performance validation of the novel heat exchanger designs.
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NOMENCLATURE
e
FA

Absolute relative error
Face area

(–)
(m²)

T
u

Temperature
Fluid velocity
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Fs
GCI
h
HHX
LHX
P

Factor of safety
Grid convergence index
Airside heat transfer coefficient
HX height
HX length
Pressure

(–)
(–)
(W.m-2.K-1)
(m)
(m)
(Pa)

VHX
xi , yi,
ΔPair
ΔPref

HX envelope volume
Control point coordinates
Airside pressure drop
Refrigerant pressure drop

(m³)
(–)
(Pa)
(Pa)

Q

Heat transfer rate

(W)

β

Metric of interest

(–)

Sult

Ultimate strength

(MPa)

σVM

von Mises Stress

(MPa)

Greek Letters
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ABSTRACT
TEWI or LCCP indicators provide evaluations of total direct and indirect greenhouse gasses
emissions from cooling or HP (heat pump) systems. Yet, the results are awkward to use due to the
variety of systems by capacity, technology, and operating conditions. This paper proposes steps
toward standardized TEWI calculations. Many cooling and HP systems are subject to global or
regional standards, defining typical year-round operating conditions and rules for performance
evaluation. Per the method proposed, input values for TEWI calculations are evaluated at standard
operating conditions, with performance also evaluated per relevant standards. Results are presented
as “specific TEWI”, in reference to the standards. The end result is simply the number of kilos of CO2
equivalent emitted over the life time, per kWh of cooling energy at standard operating conditions.
Comparisons between systems are thereby made much easier, which should allow TEWI to become
a more practical tool for decision making.
Keywords: TEWI, LCCP, Standards, Energy Efficiency.

1. INTRODUCTION
Due to concerns about global warming, there is increasing will to reduce the emissions of GHG’s
(Green House Gasses). RACHP (Refrigeration, Air Conditioning and Heat Pumps) systems use
refrigerant fluids that may have a significant GWP (Global Warming Potential). For these systems,
GHG emissions are of two kinds, “direct” and “indirect”. The “direct” emissions are caused by leakage
of refrigerant to atmosphere. But the operation of the systems also consumes energy. The energy
consumption is a major concern on its own because of cost, energy independence of countries etc.
But the energy consumed also causes emissions of CO2, referred to as “indirect”. Over the life time,
the indirect emissions are much larger than the direct ones, and can account for up to 98% of the
total emissions.
In a recent past, there has been a major focus on reducing the GWP of fluids, to tackle the “direct”
part of GHG emissions, through International regulations such as the EU “F-gas” regulation, or the
Kigali amendment to the Montreal protocol. But these GWP reductions must not result in higher
energy consumptions that could end up increasing the total GHG emissions instead of reducing
them, which would be counterproductive to the underlying intention.
The “TEWI” (Total Equivalent Warming Impact) methodology has long been known to aggregate the
direct and indirect emissions into a single indicator. It is used to calculate the total CO2 equivalent
emissions of a system over its life time. Yet this indicator is still little used, because of its relative
complexity, and also because the results are not easily compared between different systems. This
paper is introducing a methodology that could enable a more “standardized” method to calculate a
TEWI, by linking this calculation to existing energy efficiency standards. The results are presented
as “specific TEWI”, reflecting the equivalent CO2 emissions per kWh of cooling capacity generated,
ending up with a single figure allowing simple comparisons between systems.

2. PRINCIPLES OF ENERGY EFFICIENCY STANDARDS
In the past, manufacturers of RACHP equipment used to present the ratings of their products in very
different formats. For instance, chiller ratings could be presented with a leaving chilled water
temperature at 6°C by some manufacturers, and 7° by others, with also different temperatures or
flow rate ratios at the condenser, etc. This made it very difficult for customers to make apple to apple
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comparisons between different machines. Also, ratings were usually presented at full load although
most systems operate most of the time at part load, off-design conditions. Having only the design
point gave no indication about real life energy consumptions. To alleviate this, sate of the art Energy
Efficiency (“EE”) standards now require ratings at conditions intended to be representative of actual
year-round operation. While there are many EE standards in various parts of the world, they now all
tend to be structured in the same way, per principles described below.
2.1. The ambient outdoor conditions and building load profiles
The ambient outdoor conditions are needed to assess the operating conditions of a system for two
reasons. First, the conditions at the condenser of the refrigerant circuit depend on these outdoor
conditions. Various data bases are providing outdoor conditions at a wide number of locations; data
are typically provided as “bin hours”, giving the number of hours per year spent in a given
temperature range (or “bin”), usually incremented by temperature steps of the order of 1K. In
addition, the building load profile, especially for A/C applications also depends strongly on the
outdoor temperature. To represent this, standards define typical load profiles depending on outdoor
conditions. These load profiles can also depend on the application, such as comfort A/C for
residential or commercial buildings. In EE standards, one or several sets of climate data are
generally imposed to define “reference” outdoor conditions, but flexibility can be left for performance
evaluation at different locations, with different climate conditions.
2.2. Reference rating conditions
EE standards define “reference” operating conditions intended to be representative of typical
operating conditions at full and part load for the family of products considered. But as a given product
can be installed in various locations and can be used for different purposes, standards also provide
methods to provide a realistic and well defined assessment of performance while allowing this
flexibility between different locations and applications. For instance for a water cooled chiller, full
load design conditions are defined by the temperatures of water leaving from the evaporator and
entering the condenser, and by the temperature differences (or flows) at both heat exchangers. For
part load, reference points of operation are defined, typically three of them, around 75, 50 at 25% of
full load capacity for comfort cooling. For each of these points, the temperatures and flow rates at
the exchangers are also defined, and the input power is declared by the manufacturer. These data
are used to evaluate the year round energy efficiency SEER per rules defined by the standards.
2.3. Useful ratios: “SEER” and “ACR”
From the above, two important ratios are derived: the first it the “SEER” (Seasonal Energy Efficiency
Ratio), defined by Eq. (1):
SEER = QC × Eannual-1

Eq. (1)

Where QC, is the total cooling energy generated (kWh/year), and Eannual is the total annual energy
input. A second ratio is of interest to simplify TEWI calculations. It can be called the Annual Capacity
Ratio (ACR); it is the ratio between Eannual, and the cooling energy that would be generated if running
the same system continuously (8760 h/year) at full load. With Q0 being the design cooling capacity:
ACR = QC × [ Q0 × 8760 ] -1

Eq. (2)

In the above, reference was made to cooling applications, but the same principle would apply to Heat
Pumps, by using the heating energy instead of cooling. The names can vary depending on the
applications, and on the regional regulations and standards. For instance, in European ecodesign,
the name of SCOP (Seasonal Coefficient of Performance) is used for heat pumps, versus SEER for
cooling. Likewise, the AHRI Standard 550/590 would designate the concept of SEER under the name
of IPLV (Integrated Part Load Value). The units also can vary depending on regional units and
standards. For instance, in imperial units, the IPLV is expressed in kW × tonR-1. Also, some recent
EU ecodesign regulations include in the SEER a conversion factor for the generation of electricity
from primary energy. For the sake of simplicity in the following, we will stick to the generic term of
SEER, and assume it to be expressed in kWh/kWh. Conversion to other units is straightforward.
2.4. Energy performance regulations
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One purpose of EE standards is to enable customers to make “apple to apple” performance
comparisons between similar products from different suppliers. In addition, the general need to save
energy and reduce GHG emissions is driving a tendency toward mandatory energy performance
regulations aiming at gradually raising the overall energy efficiency of the products by stipulating
Minimum Energy Performance Standards (“MEPS”). To avoid ambiguities, these regulations
normally specify the MEPS in reference to existing EE standards. For instance in EU, many products
are subject to “Ecodesign” regulations. A product cannot be placed on the market unless it reaches
a minimum value of SEER. In addition appliances sold directly to customers are subject to “Energy
labeling”: products are classified per their SEER in various categories of efficiency, ranging for
instance from “A” to “E”, to provide information to customers.

3. TEWI CALCULATIONS
3.1. Basic methodology
The TEWI methodology is well known, and very precisely defined. Among other sources, it is
described in the Annex B of the standard EN-378.1, by the following Eq. (3).
TEWI = GWP × L × n + [GWP × m × (1-αrecovery)] + n × Eannual × β

(kg CO2e)

Eq. (3)

This formula gives the total GHG emissions of a system over its life time, in kg CO2e (CO2 equivalent).
In Eq. (3), m is the refrigerant charge in kg. L is the leak rate in kg/year. The life time of the equipment
is n (years); αrecovery is the rate of refrigerant recovery at EOL (End of Life). β is the carbon foot print
of the electricity used to run the system (in kg of CO2 / kWh). In Eq. (3), the last term [n × Eannual × β]
gives the indirect emissions from the energy consumption, while the first two terms give the direct
emissions, respectively from continuous leakage and from the refrigerant not recovered at EOL.

3.2. Specific TEWI
Unfortunately, the TEWI expressed in kg CO2e is a rather awkward metrics, as this figure is nearly
impossible to use for simple comparisons between systems of different capacities, life times,
operating conditions, technologies etc. To facilitate comparisons, it has been suggested, for instance
in IIR, 2016, to use the concept of “specific TEWI” that evaluates the TEWI in kg CO2e per kWh of
cooling energy generated.

3.3. The Indirect part of emissions
Let us first focus on the indirect emissions. Combining Eq. (1) and (3) gives:
TEWIIndirect = n × QC × β × SEER-1
Normalizing it to the cooling energy over the life time to make it “specific” gives:
Specific TEWIIndirect = β × SEER-1

(kg CO2 × kWh cooling-1)

Eq. (4)

Once the SEER of a system is known, calculating the indirect part of specific TEWI from Eq. (4) is
therefore remarkably simple: it is simply β divided by the SEER. It does not require any detail of the
system configuration, not even its cooling capacity or life time. Indeed, the SEER calculation is not
straightforward, but it is part of the data that are now required from manufacturers for nearly any
system placed on the market; it is also subject to minimum values (“MEPS”) wherever energy
performances regulations are in force.

3.4. The direct emissions
From Eq. 3, the contribution of the direct emissions to the TEWI is:
TEWID = GWP × L × n + [GWP × m × (1-αrecovery)]

(kg CO2e over life time)

Eq. (5)

In Eq. (5), the refrigerant charge m appears directly. It is also “hidden” in the annual leakage L. It is
common practice to evaluate L by the following Eq. (6):
L = m × ALR

(kg refrigerant per year)

Eq. (6)

Wherein ALR is the percentage of Annual Leak Rate. Combining Eq. (5) and (6) gives:
TEWID = GWP × m × [ ALR × n + (1-αrecovery) ]
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Like for the indirect emissions, it would be desirable to have access to approximate values allowing
comparisons between different systems without knowing details of their configuration. This is feasible
to a certain extent for the refrigerant charge of the systems, as shown in section 3.5 below.

3.5. The refrigerant charge of systems – Specific values
The refrigerant charge is a key input for the TEWI calculation. If a precise value is desired, using
manufacturer’s data is indeed the best solution; but even if it is not available, it is possible to have
reasonable estimates by using the concept of “specific charge” (CSp), which is the ratio between the
refrigerant charge of a system (in kg) and its design capacity Q0. As shown by Poggi & al (2008),
this ratio is relatively constant for a given family of products. For instance, for water cooled chillers
using shell and tube heat exchanger with halogenated refrigerants, a typical value is of the order of
0,20 to 0,25 kg of refrigerant per kW of design cooling capacity. The precise value can vary slightly
around these limits; but irrespective of such variations, the order of magnitude of CSp remains the
same. Generic values can therefore be used by default unless more precise data are available. The
charge is then be calculated as:
m = CSp × Q0
Eq. (8)

4. EXAMPLE: WATER COOLED CHILLERS IN EU
The methodology as defined in §-2 will now be illustrated in the example of electrically driven water
cooled chillers with cooling towers, according to the EU standard and ecodesign regulation. The
applicable EE standard is EN-14825-2013; and the applicable energy performance regulation is the
ecodesign regulation (EU) 2016/2281 which will be further referred to as “ecodesign”. Both the
standard and “ecodesign” differentiate between chillers used for comfort cooling A/C, or for industrial
processes, as detailed in §-4.4. In the following, the implementation will be first detailed for the A/C
(“comfort”) chillers.

4.1. Reference conditions (A/C chillers)
The standard and the regulation are aligned. The full and part load conditions are the same, in table
5 (page 24) of EN-14825, and in table 21 (page 38) of ecodesign. The reference parameters design
point “A” and the three part load points B, C, D, with corresponding conditions at the heat
exchangers. These values are given in table (1), together with similar values applicable to “process
chillers” as will be explained in §-4.4.
Table 1. Reference points for comfort and HT process chillers

% of cooling
capacity
A/C
Process
100
74
93
47
87
21
80

Ref.
point
A
B
C
D

Outdoor
Temp. (°C)
A/C
Process
35
30
25
25
15
30
5

Condenser inlet
Temp. (°C)
A/C
Process
30
26
23
22
16
18
9

4.2. Temperature conditions
For comfort A/C, 24 temperatures bins are defined, from 17 to 40°C. They are given in table 27,
annex E of ecodesign, identical to table A1 in EN-14825. The table (2) below shows these
temperature bins, emphasizing the four reference points in grey. The hj values are the typical
numbers of operating hours at each of the temperature bins, based on a typical average temperature
profile in Europe, and on a typical building load profile. The lines 1, 2 and 4 are copied directly from
the sources, while lines 3 and 5 are additional calculations as explained in §-4.3.
Line
1
2
3

j
Tj
%

1
17
21.0

Table 2. Temperature bins for comfort cooling
D
C
2
3
4
5
6
7
8
9
18
19
20
21
22
23
24
25
21.0 21.0 21.0 26.2 31.4 36.6 41.8 47.0

10
11
26
27
52.4 57.8
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4
5

hj
hj×%

205
43.1

227 225
47.7 47.3

225
47.3

216
56.6

215
67.5

218 197
79.8 82.3

178
83.7

158 137
82.8 79.2

j
Tj
%
hj
Hj×%

13
29
68.6
88.0
60.4

B
14
30
74.0
63.0
46.6

15
16
31
32
79.2 84.4
39.0 31.0
30.9 26.2

17
33
89.6
24.0
21.5

18
34
94.8
17.0
16.1

A
19
35
100
13.0
13.0

20
36
100
9.0
9.0

22
38
100
3.0
3.0

32
39
100
1.0
1.0

109
68.9
Sum

21
37
100
4.0
4.0

24
40
100
0
0

2602
1018

4.3. SEER and “ACR” calculation
To calculate the annual cooling load and input energy, the capacity and input power are first
evaluated at each of the reference points A to D. The percentage of the full load at the part load
points B, C, D is imposed by the standard. The Energy Efficiency Ratio (EER) at any point is the
ratio between the input power and the cooling capacity. Its values at the four reference points, not
shown in Table (2), are calculated or measured by the manufacturer. From these, the performance
(cooling capacity and EER or input power) is then evaluated at each of the temperature bins. For the
reference points, the actual “declared” values are used. For temperatures higher than point A or
lower than point D, the values are extrapolated, by keeping the same the capacity and EER as for
points A and D respectively. For other bins in between, linear interpolations are made between the
two neighboring reference points. Line 3 in table (2) shows the percentage of cooling capacity for
each bin per these rules. Likewise, it would be straightforward to interpolate and extrapolate the EER
values for each bin, from the EER’s provided by the supplier at the reference points. It is also
straightforward to convert these figures to cooling and input energies for each bin. Last, summing
these values over the 24 bins gives the total annual cooling energy generated, and the input energy.
The ratio between these two energies gives the SEER by using Eq. (1).
The calculation of “ACR” from these data is also straightforward, as all the data used in Eq. (2) are
available. The ACR calculation uses the line 5 of table (2) giving the values of “hj × %”. In this case,
the sum of these values for all the bins is 1018. It is equivalent to the number of hours of operations
at full capacity that would generate the same annual cooling energy. On the other hand, if the unit
were operated year round at 100% capacity, this figure would be 8760 (= 365 × 24 × 100%), in hours
of operation at full capacity. From Eq. (2), the value of ACR in this case is:
ACR = 1018 × (8760)-1 = 0.116

Eq. (9)

A key take away is that ACR is directly derived from the standard, and does not require any
information about the performance of the unit. It only depends on the standard applied. In other
words in this case, it can be said that ACR = 0.116 for any water cooled chiller used for comfort
cooling and evaluated at standard rating conditions per the standard EN-14825.
4.4. The case of HT process chillers
Besides their most frequent use for comfort cooling, chillers can also be used to cool industrial
processes. When the needed chilled water temperature is close the 7°C, as typically needed for A/C,
then exactly the same chillers can be used, but they are then referred to as “High Temperature (HT)
process chillers”, to differentiate this application from the use as brine chillers at lower temperature.
The standard and the ecodesign differentiate the operating conditions between process and comfort
cooling. The differences in reference points between the A/C and process chillers is shown above in
Table (1). The full load point A is the same, but the part load points and the bin hours are drastically
different. Also, per table 28 of ecodesign, there are 58 temperature bins from -19 to 38°C for process
chillers, versus 24 bins from 17 to 40°C for A/C. The number of operating hours is also very different:
a process chiller is running continuous (8760 hours per year); while a comfort chiller at reference
European temperatures is operating only 2602 hours. As a consequence, the ACR values are very
different: if a calculation similar to that of §-4.3 is done for a process chiller, then ACR = 0.846, i.e.
6.1 times larger than the value 0.116 for comfort chillers.
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In addition, the standard and the ecodesign use a different name for the seasonal energy efficiency:
it is called SEPR (Seasonal Energy Performance Ratio) to differentiate it from the “SEER” of comfort
chillers, although the concept and calculation procedures are the same.
4.5. Conversion Coefficient CC and MEPS values
Energy performance regulations specify the mandatory MEPS as minimum values of the SEER per
the standards, i.e. the ratio between QC and the input energy, equal to the electrical input energy in
the case of an electrically driven unit. In addition, for comfort cooling, ecodesign stipulates to express
this input energy in terms of primary energy used. To do this, a “Conversion Coefficient” (CC) is
used. To reflect the estimated 40 % average EU generation efficiency, the reference value of CC is
2.5. Accordingly, instead of the usual formulation of a SEER, the ecodesign stipulates its MEPS as
“seasonal space cooling energy efficiency” (ηsc), expressed in percent. This is done for comfort
cooling only, not for process chillers.
ηsc = SEER × 100 / CC

With CC = 2.5, this gives:

SEER = ηsc × 0.025

Eq. (10)

The ecodesign regulation is setting two “tiers” for the MEPS. Table (3) is recalling the ACR values,
and giving the MEPS for comfort or process cooling chillers with cooling capacity 400 to 1500 kW.
For comfort chillers, the SEER’s are calculated from the stipulated values of ηsc by using Eq. (10).
Table 3. MEPS per ecodesign. Tier values.

MEPS
ACR
Comfort
Process

0.116
0.846

ηsc
Tier 1
227

Tier 2
252
N/A

SEER (SEPR)
Tier 1
Tier 2
5.68
6.3
7.5
8.0

5. SPECIFIC TEWI CALCULATIONS
From the above, we will now proceed to a specific TEWI calculation for chillers of capacity 1000 kW
for both applications, assuming that their SEER just complies with ecodesign Tier 1. The calculation
data and results are summarized in Table (4):

Common
input
data

Calculation
Indirect TEWI
Calculation
Direct
TEWI
Total
TEWI
Ratio

Table 4. Specific TEWI calculations
β
0.454
GWP
1300
Life time n
20
αrecovery
90
Design cooling capacity
1000
Specific refrigerant charge
0.22
ALR
2
Application
Comfort
Process
SEER (SEPR)
5.68
6.3
Cooling
ACR
0.116
0.846
energy
Elife
20323
148219
Specific TEWISInd
79.9
72.1
Actual TEWIInd
1624425
10681193
Refrigerant charge m
220
Actual TEWID
143000
Specific TEWID
7.04
0.96
Specific
87
73.0
Actual
1767425
10824193
TEWI Direct / Total
8.1
1.3

kgCO2×kWh-1
years
%
kW
kg × kW -1
% × year -1
kWh × kWh-1
MWh
gCO2e × kWh-1
ton CO2e
kg
kgCO2e
gCO2e×kWh-1
ton CO2e
%

5.1. Indirect emissions
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As per §-3.3, the calculation is straightforward, but requires an assumption about the carbon foot
print of electricity β. Per the Ecometrica study (2011), a value of β = 0.454 kg CO2e× kWh-1 is taken.
A simple application of Eq. (4) gives: Specific TEWIIndirect = 79.9 for comfort, or 72.1 for process, both
in (g CO2e × kWh-1)
5.2. Direct emissions
The direct emissions are calculated from Eq. (7) in §-3.4:
TEWID = GWP × m × [ ALR × n + (1-αrecovery) ]

Eq. (7)

Assumptions are needed for the input parameters, as reflected in Table (4). The fluid is R-134a, with
GWP = 1300 (“AR-5” value). The charge is evaluated from the “specific charge” approach. From our
experience as a chiller manufacturer, it is reasonable to assume CSp = 0.22 kg× kW -1, the charge m
is 220 kg. The life time (n) is 20 years, with an annual leak rate ALR of 2% per year, and a rate of
EOL refrigerant recovery (αrecovery) of 90%, suitable for proper maintenance and EOL
decommissioning. Then Eq. (7) gives the total life time direct emissions: TEWID = 143000 (kg CO2e).
In order to normalize it to specific TEWI, this value must now be divided by the cooling energy
generated over the life time, according to Eq. (11):
ELife = ACR × Q0 × n × 8760

Eq. (11)

5.3. Results
The results of the calculations per the above §-5.2 and 5.3 are summarized in table (4). It shows the
specific TEWI for both applications, and the ratios between direct and indirect emissions. These
results are commented in the following section.

6. COMMENTS
Some aspects of the above calculation are similar to “actual” TEWI calculations. Yet, some
significant differences result from the simultaneous uses of the specific TEWI, and of the EE
standards and ecodesign regulation.
6.1. Benefits from the specific TEWI
Unless the TEWI is normalized to make it “specific”, the results of the “actual” TEWI vary by several
orders of magnitude, from a few thousand tons CO2e for small systems, to megatons for large ones;
while if using the specific TEWI, the size of the system has very small impact. For a family of similar
products with same SEER, the specific TEWI even turns out to be exactly the same irrespective of
the size and capacity if the refrigerant charge is evaluated from the “specific charge”, which is a
reasonable assumption. The actual TEWI can also vary by nearly one order of magnitude depending
on the application: per table (4), the actual TEWI is 6.1 times larger for the process chiller than for
the same one used for A/C. There would also be large variations in actual TEWI even for a same
comfort cooling machine, when applying it in different climate zones. On the opposite, the difference
in specific TEWI between comfort and process remains in a much narrower range, with differences
only 19%. Specific TEWI of different machines or applications can thus be compared much more
easily, and a fine analysis of differences is facilitated.
6.2. Benefits from the link to the standards and regulations
Going back to table (4), other points are worth mentioning. A major input item is the evaluation of
the life time energy consumption. The use of existing standards for this purpose is not new; it was
mentioned for instance in (IIR, 2016) and various other sources. But using it to evaluate the
contribution of the indirect emissions to the specific TEWI per Eq. 4, makes it outstandingly simple,
especially as this indirect contribution is generally by far dominant in the emissions. At equivalent β,
the indirect contribution depends only on the SEER when evaluated as “specific”. As SEER values
are now frequently regulated for various products, this makes it possible to make “generic”
comparisons between various families of products, assuming that the SEERs are equal to the MEPS,
as was done in this sample calculation. It would also allow assessing the impact on overall emissions
of various policy scenarios about energy efficiency regulations.
It is also of great interest to use the “ACR” parameter, that is easily calculated from the standards,
and depends on the application (e.g. process versus comfort) and on the climate zone. This
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parameter has a major impact on the ratio between direct and indirect emissions, as seen in table
(4). The contribution of direct emissions is 8.1 % for the comfort cooling application, versus only 1.3
% for process. It could be expected to be in between for A/C in warmer climate zones. This would
provide an interesting tool to compare the relative impacts of using lower GWP fluids depending on
the applications and locations.

7. CONCLUSIONS
Many more comments could be made about this methodology. A major conclusion is that it can
substantially facilitate the TEWI calculations in reference to standards applicable to specific products,
and thereby facilitate comparisons between various solutions. A good news is that the use of EE
standards as proposed provides a robust, simple and consistent answer to the issue of the input
power, and an easy way to normalize it to the cooling energy produced. The principle of using the
single figure of specific TEWI in reference to a standard could be compared to what has become
common practice in automobiles: car manufacturers publish the emissions in (kg CO2 / km) according
to a standardized driving cycle. Once customers are used to this metric, anyone can instantly
benchmark the relative values of various models in terms of GHG emissions. With this method, the
same could be done for various families of cooling products, for instance for chillers.
Of course, some controversies will still remain about some input parameters such as the carbon foot
print of electricity or the leak rates. To minimize their detrimental impact on the acceptability of a
more general use of TEWI, more research and discussion would be needed about such parameters.
But even within the current ranges of uncertainty, when an analysis of the sensitivity to uncertain
input parameters is made, unambiguous conclusions can still often (but not always) be derived. It is
therefore hoped that this should enable a wider use of TEWI as a useful tool for decision making
regarding trade-offs between various technical choices, in relation to existing standards.

NOMENCLATURE
ACR
ALR
αrecovery
β
CSp
Eannual
L
ηsc

Annual Capacity Ratio
percentage of Annual Leak
recovery/recycling factor (0 to 1)
carbon foot print of electricity
(kgCO2 × kWh-1)
specific charge of refrigerant
(kg × kW -1)
energy consumption (kWh × year -1)
leakage rate (kg × year -1)
seasonal space cooling energy
efficiency

n
m
Q0
QC

system operating time (years)
refrigerant charge (kg)
design cooling capacity (kW)
Total cooling energy (kWh × year -1)

TEWID

direct TEWI (kg CO2e)

TEWIInd Indirect TEWI (kg CO2)
TEWISD Direct Specific TEWI (gCO2e × kWh-1)
TEWISInd Indirect Specific TEWI (gCO2 × kWh-1)
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ABSTRACT
A heat pump or refrigeration unit has minimum 2 independent input conditions to fix per side: source
and sink. For instance, water inlet temperature and mass flow rate, or air temperature and flow rate.
The compressor frequency is an additional independent input. Therefore, the domain for the
characterization of a modern unit with variable flow rates and compressor speed is a space of 5
independent variables. A test campaign following a full factorial plan with 5 levels per input requires
3125 test points.
This paper presents first how the authors have studied the kind of multidimensional surface that
could be characteristic of the performance of this kind of equipment. Then, the paper presents a
methodology based on the Design Of Experiments theory to define the experimental test matrix
which, with a low number of tests (around 30), provides the basis for an accurate characterization of
the unit performance all over the entire domain by means of fitted polynomials.
Keywords: Refrigeration, Heat Pumps, Empirical Models, Design of Experiments.

1. INTRODUCTION
Nowadays, the use of empirical polynomial models of system components or entire systems is widely
extended in industry and research. The objective of these simple models is to characterize, with
enough accuracy, the behaviour of systems or their components under different operating conditions.
These models allow the estimation of the corresponding equipment performance and therefore are
very useful in assisting the systems design, analysis and control. In the field of refrigeration systems,
the AHRI Standard 540(2015) for the characterization of compressor performance are a clear
example. These polynomials are able to provide a very accurate prediction of the compressor
performance across its entire working envelope by adjusting 10 coefficients.
An alternative approach is the development of more complex models, including the main physical
processes that have an influence on the system. However, these models require a much higher
computing time and a significant amount of detailed information about the components which is
usually not available, and additionally the estimation of a large number of un-known, as for instance,
heat transfer coefficients, friction factors, energy losses… which have a large uncertainty.
However, the empirical models must be based on reliable experimental data, and good
experimentation is very time consuming and high costly. Therefore, it is very important to know how
many experiments are the minimum required and at which operating conditions should be tested in
order to reach a sufficient accuracy in the prediction of a system performance all across its operation
envelope. A modern refrigeration/heat pump incorporates variable speed compressor, and variable
pump or fan speed at both evaporator and condenser. This means minimum 2 independent input
conditions to fix per side: source and sink. For instance, water inlet temperature and water mass
flowrate, or dry air temperature and air flowrate. The compressor frequency or speed is an additional
independent input. Therefore, the domain for the characterization of one unit is a space of minimum
5 independent input variables (air source could also need web bulb or humidity as an additional input
variable). A test campaign following a full factorial plan with 5 levels per variable requires 3125 test
points.
This paper presents first how the authors have studied the kind of multidimensional surface, which
could be characteristic of this kind of equipment and then which Design Of Experiments methodology
(DOE) results the most effective for its adjustment by regression.
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According to this, the document is structured in two main parts. The first part describes the process
to get the functional that characterizes the Response Surface (RS) of HP performance with a high
accuracy. The parameters that define the HP performance are the condenser capacity (Qc),
evaporator capacity (Qe) and the compressor power input (Wc).
The entire experimental database used in this work originates from the Geot€ch project (2015), a 4
years’ research project funded by the European Union. The authors have developed in the
framework of that project an innovative prototype of Dual Source Heat Pump (DSHP), which is able
to produce either domestic hot water with a dedicated condenser, or heating or cooling water for the
building depending on the season. This DSHP combines the aerothermal and geothermal technology
in a single equipment allowing it to work in 7 different modes. The methodology presented in this
paper have been applied to all the different operation modes with very good results. The paper will
only deal with the mode (M5: Winter-Ground) GSHP because of the extension limit.
The second part of the paper deals with the analysis of which is the best DOE for the performance
characterization of the heat pump.

2. TEST CAMPAIGN
A total of 227 test points were used as experimental database in this study. These experimental data
were collected from the experimental campaign performed for the dual source heat pump mentioned
above (Marchante et al., (2018)a). The dual heat pump unit had 7 different operating modes for
supply of hot water, chilled water or domestic hot water, using two possible sink/source: ground or
air. Further details of the DSHP design can be found in Marchante et al., (2018b).Table 1 shows a
summary of the number of experimental data collected:
Table 1. DSHP experimental database

Test
Number of tests
(Total:227)

M1
Summer
Air

M2
Summer
Ground

M3
DHW
User

M4
Winter
Air

M5
Winter
Ground

M6
DHW
Air

M7
DHW
Ground

32

22

23

51

49

25

25

3. PERFORMANCE CHARACTERIZATION
The performance of a vapour compression heat pump/refrigeration unit is characterized by three
results: condenser capacity Qc, evaporator capacity Qe and compressor or unit power input Wc.
The performance of units with variable speed compressors is defined by the operating conditions at
both sink and source and by the frequency of the compressor. The boundary conditions for the
condenser or evaporator are characterised by only two independent variables, these variables can
be any combination among the involved three variables: inlet and outlet temperatures and mass flow
rate of the secondary fluid. The primary independent variables are the inlet temperature and the
mass flowrate. However, inlet and outlet temperatures are usually always measured and monitored
while mass flowrate is seldom measured. Given that the mass flowrate is for a given capacity directly
related to the temperature difference, the authors have chosen to use either the inlet or outlet
temperature, and the temperature difference across the heat exchanger as the independent
variables.
Fig. 1 shows a schematic diagram of a GSHP and shows the selected independent variables:
compressor frequency fc; condenser outlet temperature (hot water supply temperature to the
building) Tco; temperature difference across the condenser dTc; evaporator inlet temperature Tei;
and temperature difference across the evaporator dTe. Both dTc and dTe are defined positive, i.e.
dTc=Tco-Tci and dTe=Tei-Teo.

Figure 1: Selected independent variables for a GSHP
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Once we have identified all the independent variables, the second step is to look for the functional
that is able to predict the response surface of each performance (Qc, Qe, Wc) with the highest
accuracy in the entire independent variable domain, which is 5D. The true response surface is of
course unknown and perhaps complex. Fortunately, the unit performance surface is continuous with
only smooth variations of the slope, therefore, polynomials are usually efficient functionals to
describe them. Compressors, which are the basis for the unit performance, are very well studied and
it is well known that AHRI polynomials are able to characterise their performance with very high
accuracy. Compressor performance is characterized by the condensation and evaporation
temperatures. These parameters cannot be employed for the unit characterization since they are
unknown. However, evaporation and condensation temperatures are dependent on the boundary
conditions at the evaporator and condenser sides. Therefore, polynomials based on the described
independent variables should be able to characterize the unit performance as it has been found in
this work, and it has been previously reported in the Literature.
Allen and Hamilton (1983) already presented the idea of employing second order degree polynomials
with the evaporator and condenser outlet temperatures to predict the full load performance
(evaporator capacity and consumption) of chillers. This same methodology is employed inside
EnergyPlus energy building simulation software for the evaporator capacity, while for the
consumption a polynomial for the Energy Input to cooling output Ratio (EIR) was employed instead
the energy consumption. These models usually only took into account the variation of the inlet (or
outlet) temperatures of the secondary fluid to the evaporator and the condenser. Therefore the space
of the independent variables domain is only 2D. The usual procedure was to characterization the
performance at full load and then apply a correction for part load operation. Jin and Spitler (2002)
present a good review of these kind of equation fit models and thermodynamics based models.
However, new refrigeration/heat pump units are currently incorporating variable speed compressors
and also variable speed fans and water pumps. Therefore, characterization of new and future
equipment requires taking into account the whole 5D domain described. Unfortunately, the
characterization of equipment with so many independent variables (5) cannot be done exhaustively
by experimentation because of the huge amount of data required. The number of test points
necessary to characterize a response surface with 5 independent variables following a full factorial
test plan, depending on the number of levels one would like to consider for each variable, is:
• 3 levels for each variable  35 = 243 test points
• 4 levels for each variable  45 = 1024 test points
• 5 levels for each variable  55 = 3125 test points
Taking into account that the performance variation with each independent variable is not linear but
includes at least some curvature, the number of levels to be considered should be around 4 or 5.
Therefore, between 1000 and 3000 test points would be necessary. Obviously, this is not possible
and some Design Of Experiments methodology should be employed to reduce the necessary
amount of tests to something feasible. However, which is the best DOE method to be employed? In
order to answer this question, the authors have first adjusted a very detailed unit model (IMST-ART,
http://www.imst-art.com/ ), which is able to take into account the majority of the complex processes
taking place inside the heat pump, to a large set of experimental data, and then have used this model
to investigate which is the shape of the unit performance in the 5D domain, and found adequate
polynomials able to predict the unit performance with a high accuracy.
3.1.

Compressor Submodel

The AHRI polynomials for the employed compressor were not available at the beginning of the
development of the mentioned DSHP because it was designed to employ R32 as refrigerant. Only
data with R410A was available, so the efficiencies with R410A were employed to assist the design
of the unit. In any case, at the end of the development and testing campaign a total of 227 test points
were acquired among the different operation modes. Those points were then employed to
characterize the compressor performance. The independent variables in this case are 3: the
evaporation Te, condensation temperatures Tc, and the compressor speed (frequency)
As described in Li et al. (2004), we can expect that the dependence of the compressor performance
with the evaporation and condensation temperatures is almost independent of the compressor
speed. Following Li et al. (2004) the compressor performance can be described by the following
functionals:
𝑊𝑊𝑐𝑐∗ = 𝑏𝑏1 𝑇𝑇𝑐𝑐2 + 𝑏𝑏2 𝑇𝑇𝑐𝑐 + 𝑏𝑏3 𝑇𝑇𝑐𝑐 𝑇𝑇𝑒𝑒 + 𝑏𝑏4 𝑇𝑇𝑒𝑒2 + 𝑏𝑏5 𝑇𝑇𝑒𝑒 + 𝑏𝑏6
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𝑊𝑊𝑐𝑐
𝑊𝑊𝑐𝑐∗

= 𝑑𝑑1 (𝑓𝑓 − 𝑓𝑓 ∗ )2 + 𝑑𝑑2 (𝑓𝑓 − 𝑓𝑓 ∗ ) + 𝑑𝑑3

Eq. (2)

Where Wc* is the compressor consumption at the given condensation and evaporation temperatures
at the nominal frequency f*. The same functionals and strategy can be employed for the refrigerant
flowrate. Fig. 2 shows the maximum error applying this approach for our 227 experimental points.
We also adjusted Eq. (1) using the complete AHRI polynomial with 10 coefficients but we did not
observe a significant improvement. As it can be observed in Fig. 2, the prediction of the compressor
performance with the fitted polynomials is very good. The difference between the measured and
calculated results of the refrigerant flow rate show a higher scattering because the experimental
value of the mass flowrate does not come from a direct measurement but from the heat balance at
the condenser side. It should also be pointed out that the compressor input is the total unit
consumption including inverter and parasitic internal losses (electronics) but not including water
circulation pumps or fan consumption.

Figure 2: Calculated vs experimental compressor power input (a) and mass flow rate (b)

3.2.

Heat Pump Performance Modelling

The compressor performance polynomials were implemented in IMST-ART in order to have an
accurate physical model of the heat pump and then the model was employed to evaluate the unit
performance for the complete full factorial of the 5 independent variables with 5 levels per variable,
totalizing 3125 performance points. Table 2 reports the selected variable levels according to the HP
working range. As it can be seen the temperature difference across the heat exchangers was varied
from 2 to 9 K, 1K difference (which would make the test matrix symmetrical) was not considered
because in practice it would require a huge flow rate. In this respect, it should be highlighted that a
variation from 2 to 9 K implies a 4.5 times flow rate variation, which is already very high.
Table 2. Independent variables levels

Independent variables
Range values
Independent variables
fc
[30, 40, 50, 60, 70] Hz
Tei
Tco
[35, 40, 45, 50, 55] ºC
dTe
dTc
[2, 3, 5, 7, 9] K

Range values
[-5, 0, 5, 10, 15] ºC
[2, 3, 5, 7, 9] K

With a large number of points (3125) and an efficient suite of regression tools, R Core Team (2018),
we were able to study the better polynomials to describe the unit performance Qc, Qe and Wc. We
limited the search to second-degree polynomials and carefully selected the terms with high
significance (low p-value). In the following, the result of two different approaches for the unit
consumption is described.
We worked first with the heat pump consumption because a priori it should follow a similar
characterization as the one employed in the compressor model. Therefore, the first approach
consisted in assuming that the influence of the source and sink temperatures on the unit
consumption is independent of the frequency of the compressor. With this assumption, we first
searched for the best polynomial describing the unit consumption with the compressor running at 50
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Hz, with the described independent variables: Tco, dTc, Tei and dTe. The following polynomial was
able to provide very good predictions (0.6% max. error):
2
2
𝑊𝑊𝑐𝑐∗ = 𝑘𝑘0 + 𝑘𝑘1 𝑇𝑇𝑐𝑐𝑐𝑐
+ 𝑘𝑘2 𝑇𝑇𝑐𝑐𝑐𝑐 + 𝑘𝑘3 𝑇𝑇𝑐𝑐𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘4 𝑇𝑇𝑒𝑒𝑒𝑒
+ 𝑘𝑘5 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘6 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘7 𝑑𝑑𝑇𝑇𝑒𝑒 + 𝑘𝑘8 𝑇𝑇𝑐𝑐𝑐𝑐 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘9 𝑇𝑇𝑒𝑒𝑒𝑒 𝑑𝑑𝑇𝑇𝑒𝑒

Eq. (3)

The substitution of Tei by Teo (which is a mere linear combination of Tei and dTe) brought some
improvement, probably because it is a better representation of the evaporation temperature in
counter-current HXs. Then, we fitted Eq. (2) in order to characterize the performance at any other
frequency. Therefore, the functional for the unit consumption had total 10 + 3 = 13 coefficients. The
results of the prediction were very good and are shown in figure 3 a. However, it can be observed a
certain remaining curvature that was not possible to eliminate and which was mainly due to the
hypothesis of independence of the influence of temperatures and frequency on the unit consumption.
In order to improve the results we decided to add the frequency to the polynomial and employed the
total 3125 points. We found that the results did not improve. Alternatively, we found that it was good
to divide the unit consumption by the compressor frequency before performing the fitting since there
is a clear dependence between them. The result was a new response surface without the main
dependence with fc. The best polynomial we found following this second approach is the following:
𝑊𝑊𝑐𝑐
𝑓𝑓𝑐𝑐

2
2
= 𝑘𝑘0 + 𝑘𝑘1 𝑇𝑇𝑐𝑐𝑐𝑐
+ 𝑘𝑘2 𝑇𝑇𝑐𝑐𝑐𝑐 + 𝑘𝑘3 𝑇𝑇𝑐𝑐𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘4 𝑇𝑇𝑒𝑒𝑒𝑒
+ 𝑘𝑘5 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘6 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘7 𝑑𝑑𝑇𝑇𝑒𝑒 + 𝑘𝑘8 𝑇𝑇𝑐𝑐𝑐𝑐 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘9 𝑓𝑓𝑐𝑐 + 𝑘𝑘10

1

𝑓𝑓𝑐𝑐

+ 𝑘𝑘11 𝑓𝑓𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒

Eq. (4)

Eq. (4) has almost the same terms as eq. (3) plus two additional terms with the compressor
frequency. These terms take into account the second order effects of the frequency that the division
by the frequency is not able to eliminate. In total, this polynomial has 12 coefficients, one less than
the combination of eq. (3) and (2). Figure 3 b) show the results with eq. (4). As it can be observed,
it provides an almost perfect explanation of all 3125 unit consumption points.

Figure 3: IMST-ART unit consumption vs consumption calculated with polynomials: a) eq (3) and (2),
b) eq. (4)

The same polynomial was applied with also very good results to the condenser and evaporator
capacities (eq. 5 and eq. 6). It turned out that one of the terms had not sufficient significance so it
was removed and the proposed polynomials have in this case 1 coefficient less, total 11. The
prediction results were again very good: Qc (max. error ±1.9%) and Qe (max. error ±3.2%).
𝑄𝑄𝑐𝑐
𝑓𝑓𝑐𝑐

𝑄𝑄𝑒𝑒
𝑓𝑓𝑐𝑐

2
2
= 𝑘𝑘0 + 𝑘𝑘1 𝑇𝑇𝑐𝑐𝑐𝑐
+ 𝑘𝑘2 𝑇𝑇𝑐𝑐𝑐𝑐 + 𝑘𝑘3 𝑇𝑇𝑐𝑐𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘4 𝑇𝑇𝑒𝑒𝑒𝑒
+ 𝑘𝑘5 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘6 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘7 𝑑𝑑𝑇𝑇𝑒𝑒 + 𝑘𝑘8 𝑓𝑓𝑐𝑐 + 𝑘𝑘9
2
2
= 𝑘𝑘0 + 𝑘𝑘1 𝑇𝑇𝑐𝑐𝑐𝑐
+ 𝑘𝑘2 𝑇𝑇𝑐𝑐𝑐𝑐 + 𝑘𝑘3 𝑇𝑇𝑐𝑐𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘4 𝑇𝑇𝑒𝑒𝑒𝑒
+ 𝑘𝑘5 𝑇𝑇𝑒𝑒𝑒𝑒 + 𝑘𝑘6 𝑑𝑑𝑇𝑇𝑐𝑐 + 𝑘𝑘7 𝑑𝑑𝑇𝑇𝑒𝑒 + 𝑘𝑘8 𝑓𝑓𝑐𝑐 + 𝑘𝑘9

4. DOE METHODOLOGY

1

𝑓𝑓𝑐𝑐
1

𝑓𝑓𝑐𝑐

+ 𝑘𝑘10 𝑓𝑓𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒
+ 𝑘𝑘10 𝑓𝑓𝑐𝑐 𝑇𝑇𝑒𝑒𝑒𝑒

Eq. (5)
Eq. (6)

Once we have accurately characterized the response surfaces corresponding to the heat pump
performance, we are able to assess the effectivity of different DOE methodologies to determine the
unit performance maps with a reduced number of test points. The following well known DOE
methodologies were tested:
• Central Composite Design, Box and Wilson (1951)
• Box & Behnken, Box and Behnken (1960)
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• Hyper-Graeco-Latin-Square (HGLS), Fisher (1971)
• Taguchi’s matrix L16b, Taguchi (1987)
Different Experiment Designs were defined following these methodologies. The developed
polynomials (Eqs. 4 5 and 6) where fitted to the selected set of points, and then the prediction from
those fitted polynomials were compared with the 3125 performance values covering the entire
domain. This gave us a criterion to quantitatively compare the different methodologies and,
additionally investigate further reduction of the corresponding test matrixes by taking only part of
their orthogonal blocks.
Table 3 shows the maximum deviation, the RMS error and the Standard deviation for each
performance parameter. As can be observed, the maximum deviation is considerable low for most
of the methodologies, taking into account the small number of points of the test matrix employed to
adjust the polynomials and the broadness of the 5D solution domain considered.
Table 3. DoE methodology results

error (%)

Qc
Qe
Wc
Max. Mean STD Max. Mean STD Max. Mean STD
1.98 0.43 0.36 3.05 0.55 0.49 1.42 0.28 0.26
2.63 0.48 0.43 4.84 0.61 0.58 1.55 0.27 0.22

CCD (Blocks I+III)
Box & Behnken
Hyper-Graeco-Latin-Square
1.98
(HGLS)
Taguchi
2.44

Test
points
30
46

0.45 0.36 3.08

0.57 0.48 1.51

0.29 0.24

25

0.54 0.45 4.81

0.69 0.57 6.49

1.01 0.87

16

As can be seen, the solution provided by the CCD methodology taking into consideration only blocks
I and III, what means utilizing only 30 test points, lead to a very good accuracy in the determination
of the surface response. This is in line with the results obtained in Marchante et al., (2018a). Also,
the Hyper-Graeco-Latin Square provides outstanding results with only 25 points. For this
methodology, we selected the frequency as the main variable, the temperatures as the blocking
variables, and the temperature differences as noise variables. Still, the authors recommend the use
of the CCD methodology with orthogonal blocks I and III for the characterization of the heat pump
performance, given that it is a very well stablished and perfectly defined methodology providing very
clear and ordered test matrixes. Just as an example, figure 4 shows the results of the unit
consumption for the CCD and Taguchi methodologies, which clearly shows how the polynomial fitted
to the points defined by the CCD methodology is able to perfectly describe the whole response
surface of 3125 points.

Figure 4: IMST-ART heat pump consumption vs calculated values with the polynomial (eq. 4) fitted to
a) blocks I and III of CCD, and b) Taguchi

4.1.

COMPARISON WITH THE EXPERIMENTAL DATA

The dual heat pump described was experimentally tested at the set of tests points corresponding to
blocks I and III of the CCD methodology. The results predicted by the developed polynomials, fitted
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to the IMST-ART calculations, were in very good agreement with the experimental results for the 7
operation modes. This agreement confirms first the validity of IMST-ART to predict the performance
of this kind of equipment with high accuracy, and at the same time, proves that only 25 or 30 test
points are necessary to fit adequate polynomials, which are then able to very accurately predict the
unit performance all across the entire 5D considered domain. Just as an example, figure 5 shows
the results comparison for the ground source heat pump case. In previous studies we had had to
slightly readjust just the intercept of the polynomial in order to get a better fit. In this case, no
readjustment was necessary so the calculated results are exactly the ones obtained with the
polynomials fitted to the performance predicted by IMST-ART at the considered test points. It should
be highlighted that the very good accuracy attaint, especially in the unit consumption, is also due to
the fact that we had previously adjusted the compressor model in IMST-ART to experimental results,
as described in Section 2.1. Anyhow, this proves that IMST-ART provides a very accurate prediction
of the processes at both evaporator and condenser.

Figure 5: Calculated vs experimental condenser capacity, evaporator capacity and power input for
the ground source heat pump case

5. CONCLUSIONS
The main conclusions drawn from this study are the following:
• The performance of a vapour compression heat pump/refrigeration unit with a variable speed
compressor has in general 5 independent variables, for instance: inlet temperature and mass
flowrate of the secondary flow at the evaporator and at the condenser, plus the compressor
frequency. Therefore, the response surfaces for the evaporator capacity, condenser capacity and
unit consumption lie on a 5D domain.
• A testing campaign following a full factorial plan would require a huge number of test points, e.g.
3150 points with 5 levels for each independent variable. Therefore, some DOE methodology must
be applied to reduce the test matrix to a reasonable size.
• The performance of the unit can be characterized very efficiently by adequate polynomials. We
have obtained a very good surface response for Qe and Qc with a 11 coefficients polynomial, and
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with 12 for the unit consumption. The error of the prediction is very small all across the entire 5D
domain, Qc (max. error ±1.9%), Qe (max. error ±3.2%) and Wc (max. error ±1.4%).
• These well defined response surfaces have been employed to study which DOE methodology
leads to a good compromise between number of points for the fitting of the surface and accuracy
of the prediction. CCD and HGLS are very good, requiring 30 and 25 test points respectively, and
allowing a very good characterization of the compressor performance across the whole domain.
• The developed polynomials were compared with the experimental performance and they provided
such a good prediction that no readjustment of the coefficients was necessary: Qc (max. error ±
5.6%), Qe (max. error ±4.6%) and Wc (max. error ±2.8%) for the GSHP case.
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ABSTRACT

This paper presents an experimental analysis of the intermediate conditions for a variable speed
(VS) vapor-injection scroll compressor (SCVI) under several working conditions and speeds.
A set of experimental tests was conducted for a VS-SCVI working with R-410A as a refrigerant. From
the experimental data and based on previous correlations obtained for constant speed SCVI, a
correlation for VS-SCVI was obtained to estimate the injection ratio depending on the compressor
speed with an error lower than 10%. Results showed differences in the intermediate conditions of
the compressor for low and high compressor speeds.
Keywords: Variable speed, Vapor-injection, Scroll compressor, Correlation, Experimental,
Optimization.

1. INTRODUCTION
Nowadays, scroll compressors are widely used in residential and commercial air-conditioning,
refrigeration and heat pump applications as well as in automotive air conditioning. This kind of
compressor technology is orbital motion, positive-displacement machines that compress with two
inter-fitting, spiral-shaped scroll members. They have no dead space, the contact between the flanks
of scrolls and in their bases and upper edges is almost perfect and constant; therefore, it has very
good axial and radial compliance. Consequently, scroll compressors present advantages such as
high compressor and volumetric efficiencies, low vibrations and noise, low torque variations and
leakage (ASHRAE Handbook, 2008). Several advanced technologies have been studied in order to
enhance the compressor performance and save energy. One of these technologies is the vaporinjection and the other is the use of the variable speed motor.
Vapor-injection technic in scroll compressors has rapidly developed in recent years. The refrigerant
injection can either increase the capacity and performance efficiency of the system or decrease the
discharge temperature of the compressor to extend the working envelope, especially for refrigeration
and heat pump systems working with low evaporating temperatures or high condensing
temperatures.
The efficiency of a variable speed compressor with refrigerant injection depends on ambient
conditions and compressor frequency as well. Therefore, characterization analysis of a variable
speed compressor with refrigerant injection should include the effects of compressor frequency on
the performance. This analysis should lead to find a fitting equation that help designers to calculate
the compressor performance in a vapor compression cycle in a simple way.
Several researchers studied this problem and tried to develop a correlation to predict compressor
performance.
Park et al. (2002) developed a model of a variable speed scroll compressor with vapor-injection
working with R22.
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The model was validated considering only the no injection condition showing deviations of the
predicted compressor capacity and electrical power lower than 10 % with respect to the experimental
ones. The model was then used to investigate the influence of geometrical (injection hole diameter
and position) and thermodynamic (refrigerant pressure and quality or superheat) injection
parameters on compressor working parameters as a function of rotational frequency. An optimal
configuration leading to an increase of COP equal to 12 % COP was found.
Dardenne et al. (2015) developed a semi-empirical model of a hermetic, variable-speed vaporinjected R-410A scroll compressor based on the semi-empirical model of a fixed speed scroll
compressor presented by Winandy and Lebrun (2002). The model was validated using 63
experimental test conditions. The model requires 10 parameters fitted from experimental data to
simulate the process that the refrigerant undergoes from suction and injection ports to discharge
port. The model includes the leakage in the compression process and computes the suction and
injection refrigerant mass flow rates, the compressor power, and the discharge temperature within
±5 %, ±10 %, ±5 %, ±5 K, respectively.
Lumpking et al. (2018) and Sun et al. (2018) used experimental data from Dardenne et al. (2015) for
validate its own characterization models.
Lumpking et. Al. (2018) proposed a correlation for the calculation of injection mass flow rate that
uses 10 fitting exponents of dimensionless group numbers derived by the Buckingham-PI theorem.
The proposed correlation was validated based in the 63 data points obtained by Dardenne et. Al
(2015) and predicts the injection ratio with an average error of ±9.8% and a RMSE of ±6.7%.
Sun et al. (2018) presented a theory based explicit compressor model that consists in a series of
models for the suction and injection mass flow rate, total power input and outlet enthalpy. The model
needs 26 fitting parameters. Model is validated against experimental data by Dardenne et al. (2015).
Predicted injection mass flow rate can describe 83% of the experimental data within deviation of ±10
%.
Authors of this papers presented previous studies in this field. Tello-Oquendo et. al. (2018a) studied
the set of equations in two stage vapour compression cycles with economizer to conclude that there
are three degrees of freedom namely injection superheat, injection ratio and injection pressure.
These parameters are fixed in the cycle by using an injection valve, economizer size and injection
compressor characteristics. In case that economizer is replaced by a flash tank, the only degree of
freedom is the injection pressure that is determined by the compressor characteristics.
Tello-Oquendo el al. (2017) presented a new methodology for measuring vapour injection
compressors. They observed a linear dependence of the injection ratio with the injection pressure
ratio and proposed a simple linear correlation between these variables:
!̇#$%
!̇&

=𝐴+𝐵

+#$%
+&

Eq. (1)

Where 𝑚̇- is the evaporator mass flow rate in 𝑘𝑔 𝑠 23 , 𝑚̇456 is the injection mass flow rate in 𝑘𝑔 𝑠 23 ,
P- is the evaporation pressure in 𝑃𝑎 and P456 is the injection pressure in 𝑃𝑎.
The correlation predicts the injection mass flow rate with a maximum error of -1.80% and an average
error of -0.79%.
Tello-Oquendo et. al. (2018b) extends the correlation with new data for a variable speed compressor
working with propane. Compressor was tested at 3 different frequencies (50 Hz, 100 Hz and 120
Hz) and using the data provided by Dardenne et al. (2015) of the R-410A compressor. Equation 1
is adapted making the lineal coefficients dependent on the frequency in a linear form. Proposed
correlation agrees very well with both experimental data sets having a maximum absolute error of
7.36% and a RMSE of 5.6%.
Dechesne & Lemort (2018) developed a model for the whole two-stage cycle that uses an equation
of the injection ratio as a logarithmic function of the injection pressure ratio. The compressor model
was validated using measurements of an air to water heat pump under different compressor speeds
and temperatures of the sink/source. The system model is capable to predict the heating capacity
and compressor power input with an error less than 2.6% and 6.8% respectively.
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2. EXPERIMENTAL SETUP
A schematic representation of the test bench is given in Error! Reference source not found..
The refrigerant loop is controlled by means of a ModBus Interface, which implies the adjustment of
the rotational speed of the air evaporator fan, of the scroll compressor, as well as the openings of
the expansion valves. Both expansion valves, evaporator and injection, controls the inlet superheat
of evaporator and injection compressor port to 5 K respectively.
The drive cooler is an additional heat exchanger installed to cool down the power electronic used
for the variation of the compressor speed.
• Conditions in terms of temperature and absolute pressure are measured at the
supply/exhaust of each component of the refrigerant loop. Temperatures are determined
by means of sensor pocket (type T thermocouple) with accuracy of ±0.3 K. Used absolute
pressure sensors show the following characteristics:Operating range of 0-20 bar for the
sensor used at the supply of the compressor with an accuracy of 1% of the full scale
range
• Operating range of 0-30 bar for sensors used for measuring the low and intermediate
pressure level with an accuracy of ±1% of the full scale range,
• Operating range of 0-50 bar for sensors used for measuring the high pressure with an
accuracy of ±0.5% of the full scale range.
The refrigerant flow rate at the exhaust of the liquid receiver is measured by means of a Coriolis flow
meter with a relative error of 0.1%. A heat exchanger (subcooler, SC) has been added in order to
insure a small degree of subcooling under any working conditions and thus assure a better flow rate
measurement. This subcooler is a 10 cm long concentric tube heat exchanger where the refrigerant
in the inner tube can be cooled down with tap water.
The relative error related to the use of flow meter used for the determination of the refrigerant flow
rate passing through the high pressure side economizer is also equal to 0.1%.

Figure 1: Experimental setup

Water flow rate passing through the condenser is controlled by adjusting the rotational speed of the
water pump. The water temperature at the supply of the condenser is adjusted by a PID controlling
the opening of a valve on the tap water loop. This latter is used to cool down the water tank that acts
as a buffer and helps to maintain steady conditions at the inlet of the condenser. This water tank is
thus used as a heat sink that can be either cooled continuously by means of tap water or heated up
via variable electrical resistances. Given the low temperature difference between the supply and the
exhaust of the condenser (between 3 and 10K), PT100 with accuracy of ±0.1 K have been preferred
instead of type T thermocouple. Water flow rate is determined by means of an impulse water meter
(4 pulses per litter).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2554

3. TEST CAMPAIGN
Compressor tested is the Copeland model ZHW08 with a swept volume of 2.8 𝑚= /ℎ at 50 𝐻𝑧 working
with the refrigerant R-410A.
Compressor is tested in the experimental setup with and without injection in the operation points
shown in Figure 2 and Figure 3. A total number of 68 points are tested in the central operation points
of the compressor. For each operation point, 7 different frequencies are tested ranging from 30 Hz
to 120 Hz.
Tested working points with injection
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Figure 2: Tested points
with injection

Figure 3: Tested points without injection

After testing, values of volumetric efficiency and isentropic efficiency are calculated.
Volumetric efficiency is defined in the following way:
!̇

&F
𝜂E = G H5
#

Eq. (2)

Where ρ4 is inlet density in 𝑘𝑔 𝑚2= , 𝑉 is the swept volume in 𝑚= 𝑟𝑒𝑣 23 , and 𝑛 is compressor speed
in 𝑟𝑒𝑣 𝑠 23 .
And compressor isentropic efficiency is calculated as:
𝜂O =

!̇&F PQ#R,# 2Q# TU!̇#$% PQ#R,#$% 2Q#$% T
V̇

Eq. (3)

Where h4 and h456 are the inlet and injection enthalpies in 𝐽 𝑘𝑔23 , h4Y,4 and h4Y,456 are the enthalpies
with the inlet entropy and injection entropy respectively calculated at outlet compressor pressure and
𝐸̇ is the compressor electrical power input in 𝑊. Injection mass flow rate is calculated with the total
mass flow rate measured after liquid receiver and evaporator mass flow rate measured after high
side pressure economizer.
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4. RESULTS
Figure 4 shows the volumetric efficiency obtained for the injection compressor where the labelling
0/40 means the operating point measured at 0°C evaporation temperature and 40°C condensation
temperature. Clearly, there are two different zones defined above and below the nominal frequency
of 50 Hz.
At frequencies above 50 Hz, volumetric efficiencies increases at higher speeds. Main reason of this
observed trend is due to lower relative influence of leakage at higher speeds. Curves trends are
similar at the different points measured and total pressure ratio between condenser and evaporator
is the reason of different volumetric efficiencies between points, i.e. 0/40 curve has the lowest
pressure ratio (𝑝^ = 3) and -10/60 curve has the highest pressure ratio (𝑝^ = 6.7).
At frequencies below 50 Hz, there is a sudden jump in the volumetric efficiency and isentropic
efficiency at 40 Hz. This phenomenon is observed for all conditions except 10/50. This point out of
the trend has been analyzed in deep (data analysis calculation, sensors signal, etc.) and replication
of the experiment is made. No mistake or errors have been found and measurement replication is
giving the same result. Authors cannot propose a clear explanation of the phenomenon, there is
some speculations about oil seal or supercharging injection effects that have to be confirmed in
future research.

Figure 4: Injection compressor volumetric
efficiency

Figure 5: Injection compressor isentropic
efficiency

Next figures (Figure 6 and Figure 7) shows comparison of the compressor working with and without
injection. Peak values at 40 Hz are not detected in the no-injection mode, giving a clue that the
phenomenon is related with the injection process.
Volumetric efficiency values are similar for both cases (injection and no-injection) as the injection
process has no big influences in the evaporator mass flow rate as expected.
In the other side, isentropic efficiency values drop with injection compressor at condition 10/50 in all
the frequency range and at condition 0/40 only at higher frequencies than nominal. In the 0/50 case,
injection compressor performs with better efficiency. This performance is related with pocket
pressure matching with intermediate injection pressure. There are phenomena of over-compression
or under-compression when injection hole opens.
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Figure 6: Volumetric efficiency comparison

Figure 7: Isentropic efficiency comparison

Injection mass flow rate performance is shown in Figure 8 and Figure 9.
Intermediate pressure ratio shown in Figure 8 presents low influence with compressor frequency. A
positive relationship is detected between total pressure ratio and intermediate pressure ratio. Higher
values of total pressure ratio leads to higher values of intermediate pressure ratio.
Injection ratio, defined as the ratio of injection mass flow rate over evaporator mass flow rate, shows
also a slight dependence with compressor frequency, being the evaporation and condensation
temperatures the main dependence factor. Examining both figures, a direct dependence between
intermediate pressure and injection ratio is found as stated by Tello-Oquendo (2017) for constant
speed injection compressors.

Figure 8: Intermediate pressure as function of
compressor conditions

Figure 9: Injection ratio dependence on
compressor conditions

Eq. (1) is fitted for each frequency and results are shown in Figure 10. Equations fits perfectly data
for each frequency obtaining R-squared values between 0.98 and 1. Figure 11 shows dependence
of intercept (A factor in equation (1)) and slope (B factor in Eq. (1)). Both factors shows the same
behavior: two straight lines with the common point centered in the nominal frequency of 50Hz.
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Figure 10: Injection mass flow rate correlation
at different frequencies.

Figure 11: Slope and intercept dependence on
frequencies

After examining these results presented, the following correlation is proposed in order to estimate
the injection mass flow rate of the compressor:
𝑚̇456
𝑃456
= (𝐴c + 𝑓𝐴3 ) + (𝐵c + 𝑓𝐵3 )
𝑚̇𝑃-

Eq. (4)

Where coefficients are given in the following table:
Table 1. Coefficients fitted for Equation (4)

𝑨𝟎
𝑨𝟏
𝑩𝟎
𝑩𝟏

𝒇 < 𝟓𝟎 𝑯𝒛
−5.162 ∙ 1023
−8.462 ∙ 102=
3.391 ∙ 103
6.078 ∙ 102=

𝒇 ≥ 𝟓𝟎 𝑯𝒛
−1.332
7.468 ∙ 102=
8.361 ∙ 1023
−3.942 ∙ 102=

5. CONCLUSIONS
This paper presents an analysis of variable speed scroll compressors with vapor-injection (VSSCVI). The following conclusions can be drawn from the study:
• Intermediate injection pressure and injection ratio is weak dependent on the compressor
frequency.
• Two different compressor performance is detected depending on the frequency range: below
or above nominal frequency of 50 Hz.
• An increase of volumetric and isentropic compressor efficiency is detected in around the
frequency of 40Hz. This phenomenon can be related with the injection process flow
dynamics.
• A correlation between the intermediate conditions of VS-SCVI has been obtained from
experimental data. The injection ratio was correlated with the injection pressure ratio and the
frequency.
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ABSTRACT
In this study, we demonstrate the prediction method for two-phase flow boiling heat transfer coefficient
of R410A inside various minichannel multiport tubes. The experimental data were conducted in four
tube types with the hydraulic diameters of 0.96 mm, 1.07 mm, 1.14 mm and 1.16 mm, and the aspect
ratio from 1.6 to 2.5. The data were collected under the heat fluxes of 3 and 6 kW/m2, the mass flux
ranging from 50 to 500 kg/m-2 s-1, the vapor quality up to 1.0 and the saturation temperature of 6 ºC.
The effect of the heat flux, mass flux, vapor quality and the geometry on heat transfer coefficient are
analyzed. The comparison with several heat transfer coefficient correlations was also established.
Finally, a new heat transfer coefficient correlation was proposed including the effect of aspect ratio.
The validation with present data and the data in open literature shows a good prediction of new
correlation.
Keywords: Multiport Tube, Minichannel, R410A, Heat Transfer Coefficient, Correlation.

1. INTRODUCTION
In recent decades, minichannel multiport tubes have been applied widely in designing heat exchanger
for various systems including electronics cooling, automotive and modern domestic devices due to its
effectiveness and compactness. Several studies of heat transfer characteristics of fluids inside
multiport tubes were performed in the literature. Huai et al., (2004) demonstrated the flow boiling of
carbon dioxide in ten parallel circular channels tube with inner diameter of 1.31 mm . They reported
that both the mass velocity and the heat flux strongly effect on flow boiling heat transfer coefficient,
and suggested that the suppression factor (Chen, 1969) need to be modified to predict the data in
their work. Vakili-Farahani et al., (2013) reported the flow boiling heat transfer of R245fa and R1234ze
in multiport tubes with 7 channels of 1.4 mm inner diameter. They also proposed the flow patternbased approach to predict the heat transfer coefficient. Li et al., (2016) showed the flow boiling of R1234yf in vertical aluminum multiport tube with 16 and 40 parallel channels. The data showed that the
experimental heat transfer decreased linearly with the increase of vapor quality. More importance,
the geometry, especially aspect ratio, strongly affects to the heat transfer performance.
On the other hand, the research on heat transfer of refrigerants in rectangular tubes from Yang et
al., (2004) and Tanaka et al., (2014) illustrated that the tendency of heat transfer coefficient cannot
be explained by conventional flow boiling model or combination of nucleate and forced-convective
boiling mechanism.
Therefore, in this study, we analyzed the effect of heat flux, mass flux and aspect ratio of rectangular
tube on the heat transfer coefficient of R410A in four tube types. Base on that, a new heat transfer
coefficient correlation is proposed that predicts well the present experimental data.

2. MAIN SECTION
2.1.

Experimental Models

2.1.1. Experimental apparatus
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The schematic diagram
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in Fig.
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model mainly consists

2560

Figure 1: The experimental apparatus

the refrigerant loop, three water loops and the data acquisition system. The refrigerant loop included
a magnetic gear pump, a sub-cooler, a mass flow meter, a pre-heater, an evaporator, a test section,
a condenser and a receiver. When the test facility was operated for evaporation, the refrigerant was
delivered into the test section by the gear pump. The mass flow rate of refrigerant was measured by
the Coriolis mass flow meter and could be adjusted by changing the pump speed. The quality of the
refrigerant at the inlet of test section was controlled by setting power consumption in pre-heater. The
test section was heated by the water loop as shown in Fig. 1. The heat capacity could be varied by
mastering the mass flow rate and working temperature of water. The vapor at the outlet of test section
was condensed by a condenser unit then accumulating in the receiver for a new testing cycle. The
experimental apparatus was insulated with foam to minimize heat transfer between the system and
environment.
The detail of test sections was depicted in Fig. 2. The heat flux applied on test sections by a water
loop. The T-type thermocouples were attached at top and bottom sides every 50 mm along the test
sections from the inlet. The effective length was 200mm. Thermocouples and pressure transducers
were also set up at the adiabatic pipes between the inlet and outlet. Moreover, two sight glasses

Figure 2: Test section and sample cross-section
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were installed at the beginning and the end of test tubes to visualize the flow pattern. The dimensions
of test tubes are described in Table 1.
Table 1. Dimensions of multiport tube

Parameter

Height
(mm)

Width
(mm)

Number of
channel

Aspect
Ratio

Type A
Type B
Type D
Type E

2.00
2.00
1.40
1.42

0.79
0.77
0.87
0.70

7
11
16
9

2.531
2.597
1.609
2.028

Hydraulic
Diameter
(mm)
1.16
1.14
1.07
0.96

2.1.2. Data reduction
The data were collected using a data acquisition equipment (MX100 Yokogawa) and analysed by a
data reduction program. The physical properties of the refrigerant were obtained from REFPROP 8. All
the information included the testing conditions and real-time data were monitored from the PC.
The heat flow rate is calculated from mass flow rate and temperature change of heating water flowing
inside the water jacket as follows:
Q = mc p (Tin − Tout ) − Qloss

Eq. (1)

where ṁ, cp and T are the mass rate of flow, specific heat and temperature of the heating water loop.
Qloss is the heat loss on the test section which was determined on the calibrating process. The local
heat transfer coefficient inside the channel can be evaluated as the ratio of the heat flux to saturation
minus the inside wall temperature:
h=

Q
A.(Twi − Tsat )

Eq. (2)

The inside tube wall temperature, T wi, which was the average temperature of the top and the bottom
wall temperatures, was determined based on the steady-state one-dimensional radial conduction heat
transfer through the wall without internal heat generation.
The average vapor quality, x, at the measurement locations, z, were determined based on the
thermodynamic properties:

x=

i − i fi
i fg

Eq. (3)

where i is the enthalpy of flow at the measured point; i fi and ifg are the enthalpies of inlet fluid and latent
heat of refrigerant at saturation state, respectively.
The experimental uncertainties were then analysed as described in the ISO guidelines (1995).
Following that, the standard uncertainty of a measured parameter is composed of type A and type B
evaluations of uncertainty. Type A evaluation is conducted from the statistical analysis of repeated
measurements taken under steady state conditions during the recording time interval. Type B
uncertainty comes from the instrument and data logger that are provided by the manufacturers or
specific calibration procedures. Table 2 demonstrates the type B evaluation of sensors and measured
devices. In present work, the uncertainty of heat flux, vapor quality and the heat transfer coefficient are
approximately 3%, 5% and 9.91%, respectively. All the uncertainties were reported with the confident
level of 95%.
Table 2. Summary of type B uncertainty

Parameter
Temperature
Absolute pressure
Different pressure
G refrigerant
G water
2.2.

Expanded uncertainty
±0.15 K
±1 kPa
±2.5 kPa
±0.2 %
±0.2 %
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Figure 3: The effect of mass flux on heat transfer coefficient of R410A

The effect of mass flux on heat transfer coefficient of R410A is shown in Fig. 3. The heat transfer
coefficient of R410A is higher in higher mass flux conditions. However, at quality of around 0.2, heat
transfer coefficient decrease when mass flux is less than 150 kg/m 2s. It can be explained that in the
low aspect ratio tube, when the mass flux is small, liquid film at the flat side of rectangular tube is
thinner than the one in circular tube since the liquid detains in the corner. The observation of this
phenomenon is demonstrated in the study of Tanaka et al. (2014). Also, this phenomenon is
suppressed at high mass flux condition.
The effect of heat flux is illustrated in Fig. 4. The heat transfer coefficient also increases with the
increasing of heat flux. At some conditions, the effect of heat flux on heat transfer coefficient is not
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significant at smallest vapor quality compared to that at larger vapor quality.
Table 3. Summary of HTC comparison

Types

Correlations
Lazarek &
Black
(1982)
M. Shah
(1976)
Copper
(1984)
Gungor &
Winterton
(1987)
Liu &
Winterton
(1991)
Tran et al.
(1996)
Warrier et
al. (2002)
Bertsch et
al. (2009)
Li and Wu
(2010)
Oh and Sun
(2011)
Sun and
Mishima
(2009)
Choi et al.
(2007)
Chien et al.
(2015)
2.3.

A

B

D

E

OVERALL

MD
62.87

AD
-62.87

MD
AD
MD
55.15 -55.15 66.69

AD
MD
-60.88 53.30

AD
MD
-51.65 59.47

AD
-57.59

55.48

-55.48

47.09 -47.09 43.30

-30.10 48.69

5.18 48.44

-32.32

63.06

-63.06

55.78 -55.78 62.49

-60.35 57.03

-56.16 61.32

-59.70

20.64

-20.05

14.82

-4.19 25.27

-0.34 41.09

37.52 25.07

2.98

61.28

-61.28

53.88 -53.88 54.91

-50.71 42.23

-39.37 53.07

-51.31

71.00

-71.00

65.60 -65.60 75.86

-72.54 67.38

-67.38 69.92

-69.06

81.15

-81.15

79.32 -79.32 76.40

-76.26 80.79

-80.79 79.34

-79.31

27.86

-24.87

26.59 -11.00 31.64

-21.99 41.42

21.22 31.69

-9.44

39.24

39.24

63.09

61.45 40.62

22.25 59.21

51.27 50.86

43.80

56.11

-54.85

47.06 -44.78 52.84

-22.01 62.84

24.39 54.38

-24.91

31.17

-31.17

18.27 -17.74 41.10

-28.35 27.62

-10.57 29.35

-21.89

48.02

-35.90

56.64

-5.30 65.04

0.92 75.55

41.49 61.27

0.26

69.36

68.37

80.17 -80.17 79.76

-79.76 77.66

-77.66 80.11

-80.11

Proposing new heat transfer coefficient correlation

Table 3 shows the comparison of experimental data with some well-known heat transfer coefficient
correlations includes the ones proposed by Cooper, (1984), Bertsch et al., (2009); Lazarek and Black,
(1982); Li and Wu, (2010); Gungor and Winterton, (1987); Liu and Winterton, (1991); Shah, (1982),
Chien et al., (2015); Li and Wu, (2010); Oh and Son, (2011); Tran et al., 1996; Warrier et al., (2002),
Choi et al., (2007) and Sun and Mishima, (2009). The trends show the overall deviation of four tube
types. The best prediction is a correlation of Gungor and Winterton (1986) which shows the overall
mean deviation of about 25%. The other correlations proposed by Bertsch et al. (2009) and Sun and
Mishima (2009) also show the good prediction with overall mean deviations of about 30%. Most of
heat transfer coefficient correlations are under predicted, exception is the one proposed by Li and Wu
(2010), which is much over predicted against the present experimental data.
From the observation of experimental data, we found that, the effect of mass flux, heat flux and aspect
ratio on the heat transfer coefficient of refrigerants should be consider simultaneously. Moreover,
Tanaka et al. (2014) reported that most the nucleate bubbles coalesce in corners while the thin liquid
appears soon at the flat side. The flow pattern in rectangular channel, in consequence, may differ
than flow pattern in circular tubes. The work reported by Yang et al. (2004), in addition, well
demonstrated the contrary heat transfer phenomenon of mini rectangular channel compared to
conventional tube such as the existence of heat flux effect in annular regime. Thus, we proposed that,
for rectangular tube, the heat transfer coefficient should be considered as follows:
htp = F  hlo
Eq. (4)
Where F is the enhanced factor and hlo is the single-phase liquid heat transfer coefficient, which is defined
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Figure 5: F factor versus the Xtt Parameter
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The relation of ratio heat transfer coefficient (htp/hlo) versus the Martinelli parameter is described in
Fig. 5. The results show the strong relation of enhancement factor F and Xtt.which is determined
as follows:
0.5

0.9

 1 − x   l   l 
X tt = 
    
 x    v   v 

0.1

Eq. (6)

Using the regression method, we finally found the form of F factor as follows:
 G 
F = 0.2655  

 Gbase 
B = 2.41 − 0.672  2

−0.682

 q 


 qbase 

0.135

 1 
 1 
C = 0.182log 
 + 0.2log 

X
 tt 
 X tt 

 10 B +C

Eq. (7)
2

The comparison between the experimental data and proposed heat transfer coefficient correlation is
shown in Figure 6. When compare with the whole data, the overall mean deviation and average deviation
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Figure 6: comparison between the experimental data and proposed heat transfer coefficient
correlation
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of new correlation are 10.7% and -2.5%. Also, to validate the new correlation, Total 81 data points from
the work of Keaw-On et al. (2009) are collected. The proposed correlation performs a good prediction
with the mean deviation of 15.5% and most of data fall in the ±30% MAE region.

3. CONCLUSIONS
The two-phase flow boiling heat transfer coefficients of R410A in four types of minichannel multiport
tube and a new heat transfer coefficient correlation were investigated in this study. The heat
transfer coefficient in rectangular was found to be strongly influenced by the aspect ratio as well as
the heat flux and mass flux. The balance of those factors is important when design the heat
exchanger using the multiport rectangular tube. Also, the new heat transfer coefficient correlation
shows the good prediction against the experimental data and the existing data in literature.
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NOMENCLATURE
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ABSTRACT
Potassium formate and potassium acetate, as well as their blends are known as
environmentally friendly secondary fluids with good thermophysical properties. The aim of this
work was to investigate properties of cesium formate, cesium acetate and ammonium acetate
solutions. Results showed that various alkali metal ions such as potassium, sodium, cesium or
ammonium are affecting the freezing point, thermal conductivity, viscosity and specific heat
capacity in different ways. Among examined salts, ammonium formate showed the best
performance by giving the highest specific heat capacity and highest thermal conductivity and
the lowest dynamic viscosity compared to potassium formate and other salts. Cesium formate
solutions had the lowest viscosity among all tested salts. This study shows that both cesium
formate and sodium formate could be used as different additives to enhance different
properties of potassium formate and potassium acetate secondary based fluids.
Keywords: Cesium Formate, Cesium Acetate, Potassium Formate, Potassium Acetate,
Ammonium Formate, Ammonium Acetate, Secondary Fluid, Indirect Refrigeration System,
Thermophysical Properties.

1. INTRODUCTION
Potassium formate (KF) is a monovalent alkali formate salt that has been used for many
decades in various cooling and ventilation applications. Potassium formate solutions at low
concentrations up to 50 wt-% are mostly used as low temperature secondary fluids for indirect
refrigeration systems (Aittomäki and Lahti, 1997) and biodegradable de-icing solutions
(Lowenstein, 2008). Moreover, highly concentrated potassium formate solutions, 60 – 80 wt%, in temperature range between 1 and 80 °C have been investigated as new liquid-desiccants
(Longo and Gasparella, 2016). Potassium formate has been known as cheap, environmentally
friendly and less corrosive than chloride based secondary fluids (Aittomäki and Lahti, 1997). It
can create a highly concentrated solution of 76 wt-% near the saturation conditions (Balarew
et al., 2001). Another well-known organic salt used as secondary fluid is potassium acetate
(KAc). Potassium acetate is a less corrosive salt for low temperature applications giving a 70
wt-% concentrated solution (Stephen and Stephen, 1963). The biggest drawback of potassium
acetate solutions is higher viscosity compared to potassium formate solutions (Melinder,
2007). Therefore, blends of potassium formate and potassium acetate were introduced to the
market to overcome problems related to corrosion and thermophysical properties (Ure, 2003)
and (Melinder, 2007). Both potassium formate and potassium acetate solutions have good
thermophysical properties compared to aqueous solutions of alcohols and glycols. An
extensive review of thermophysical property data for both pure and commercial potassium
formate and potassium acetate solutions at salt concentration up to 48 wt-% were presented
in (Melinder, 1998), (Melinder, 2007) and (Melinder, 2010). Most recent experimental results
for some thermophysical properties of pure solutions of potassium formate for cooling
applications can be found in Ignatowicz et al. (2017) and Wåhlin and Klein-Paste (2017).
Monovalent formate salts such as potassium formate, sodium formate (NaF) and cesium
formate (CsF) have been used as the drilling and completion fluids for oil industry since early
1990’s and the collaboration between oil and refrigeration industry resulted in new generation
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of organic salt based secondary fluids in late 1990’s. These alkali metal formates have very
high solubility levels in water and create dense, thermally stable and relatively low viscous
alkaline solutions ideally suited for extreme conditions as reported by Downs (1992) and
Downs (1993). A drawback of these highly concentrated formate blends (between 40 and 97
wt-%) is rather high crystallization temperature above 8 ºC limiting its use only to high
temperature and high pressure applications (Caenn et al., 2017). The thermophysical
properties in the temperature range between 10 and 70 ºC for highly concentrated blends of
potassium formate and sodium formate; cesium formate and potassium formate as well as
sodium formate (15.7; 29.9; 42.9 and 49 wt-%) have been found in Cabot Corp (2016). Among
all formate salts, pure solutions of sodium formate showed the most promising thermophysical
properties at high temperatures (Cabot Corp, 2016). Frolova et al., (2015) reported that sodium
formate solutions experience rather high eutectic temperature of about -16 ºC at the
concentration of 24.7 wt-%, which limits its possible low temperature application to additive
only. Some experimental results for density and dynamic viscosity at 25 ºC for low
concentration sodium formate solutions up to 8.2 wt-% has been reported by Chmielewska et
al., (2005). Cesium formate has even higher solubility compared to potassium formate that can
reach the freezing point temperature of -60 °C (Caenn et al., 2017). Cabot Corp (2016) has
published the density data at temperature of 25 °C as well as the dynamic viscosity data in the
temperature range between 0 and 100 °C for cesium formate solutions between 22 and 87 wt%. Cesium acetate (CsAc) is another interesting highly soluble acetate salt creating a highly
concentrated solution of 91 wt-% close to saturation condition at temperature of 20 °C (Stephen
and Stephen, 1963). Nowadays, cesium acetate salt is often used in various chemical and
biochemical processes, ion sensors for combustion processes (Butt et al., 2015) as well as a
modifier in thin layer solar cells (Mahmud et al., 2018). Due to lack of literature thermophysical
property data it was decided to investigate cesium acetate solutions as a possible new
secondary fluid.
Ammonium formate (NH4F) and ammonium acetate (NH4Ac) are other interesting salts having
very similar molar mass as sodium formate. Literature data for aqueous ammonium formate
and ammonium acetate solutions are very limited. Ammonium formate and ammonium acetate
are mostly used as a buffering agent, solvent and food preservatives. Nevertheless, the
experimental data for molten ammonium formate show rather high thermal conductivity and
specific heat capacity values (Osman et al., 1996). Ammonium formate solution can give a 50
wt-% concentrated solution close to the saturation conditions as found in Balarew et al., (2001).
Latest results show that different alkali metal ions such as sodium, lithium or ammonium are
affecting the solubility level, freezing point, thermal conductivity, viscosity and specific heat
capacity in different way (Ignatowicz et al., 2017). Thus, the purpose of this work is to
investigate the thermophysical properties of various cesium, ammonium and potassium salts
at low temperatures in order to investigate possibilities of using these salts as a new generation
of secondary fluids for low temperature applications.

2. METHODOLOGY
Ammonium formate (purity 98%), ammonium acetate (purity 99%) and sodium formate (purity
99%) were purchased from Merck Co., whereas potassium formate (purity 99%), potassium
acetate (purity 99%), cesium formate (purity 99%) and cesium acetate (purity 99%) were
supplied by Alfa Aesar. Note that all solutions were prepared directly using de-ionized water.
Various cesium formate, cesium acetate, sodium formate, ammonium formate and ammonium
acetate solutions having concentration each 10 wt-% up to the highest possible concentration
just below the saturation level were prepared in order to study the freezing point due to the
very limited reference data. Afterwards, solutions of the representative freezing point of about
-10 ºC, -20 ºC and -30 ºC were prepared.
2.1.

Freezing Point and Specific Heat Capacity

The freezing point temperature and specific heat capacity were measured using microDSC7
evo from Setaram Instrumentation with a temperature accuracy of ±0.01 ˚C and specific heat
capacity accuracy of ±1%. The testing input parameters were defined based on measurements
obtained for water at four different continuous mode heating and cooling scanning rates (0.025;
0.05; 0.1 and 0.15 K.min-1). The results showed that the continuous heating scanning rate of
0.1 K.min-1 and 0.05 K.min-1 were most suitable for the freezing point temperature and specific
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heat capacity tests, respectively. Sample volume was always kept constant (750 μl) and all
tests were performed in the temperature range between -45 and 40 °C. The freezing point
measurements for samples having lower freezing point than -45 ˚C were performed using a
specially built apparatus consisting of Sanyo Ultra Low freezer (temperature range between 15 and -90 ˚C), an Agilent 34970A Data Acquisition unit, a computer and a designed freezing
unit with thermocouples (type TT-T-30-SLE) having accuracy of ±0.1°C. The freezing unit
consisted of nine identical containers (volume 100ml) arranged in the circle, fitted to a Plexiglas
plate and enclosed from the top with a closing plate. Additional two thermocouples were
attached to the freezing unit to measure the conditions in the freezer. All eleven thermocouples
were calibrated each 5K in temperature range between -20 and 25 ˚C with accuracy of
±0.01°C. Note that tests were repeated three times and sample temperature was recorded
every second and freezer temperature was set to maximum 5K below the expected freezing
point.
2.2.

Density

The density measurements were performed using pycnometer with and without thermometer.
The pycnometer is a glass bottle with a stopper having a capillary tube through it. By knowing
the total volume and by measuring the mass of empty as well as of full pycnometer with a
Mettler Toledo high accuracy analytical balance (accuracy of ± 0.0001 g), the density of
solutions at 20 °C was determined. The accuracy of the density measurement at 20 °C using
calibrated pycnometer (volume 25.131 cm3) is set to be ± 0.2 %. The density gradient in
temperature range between 10 and 25 °C was obtained using the calibrated pycnometer with
thermometer having similar volume of 25.156 cm3 and the thermostat bath. Note that the
correction of the certified volume of pycnometer for a given temperature was done according
to ISO specifications.
2.3.

Dynamic Viscosity

Brookfield rotational viscometer DV-II Pro with special low viscosity adapter (UL-adapter) was
used to perform dynamic viscosity measurements in the temperature range between -18 and
40 °C. All measurements were done using the same UL-adapter and spindle to reduce the
uncertainty of measurements. The dynamic viscosity value at given temperature was obtained
as the slope of shear stress versus shear rate function for the torque range between 10 and
90 % and the instrument accuracy of ± 1 %.
2.4.

Thermal Conductivity

Thermal conductivity measurements were performed using Transient Plane Source (TPS)
method by means of Hot Disk Thermal Constants Analyser TPS-2500S having the accuracy
of ± 2 %. Kapton sensor 7577 (radius 2.001 mm) was chosen and tests for a given temperature
were repeated six times at different measuring time (2 - 3 s) and output power (20 - 32 mW) in
the temperature range between -28 and 40 °C.

3. RESULTS
Fig. 1 presents the freezing point temperature results. The measurement error of the freezing
point between each single test was about ± 0.1°C. Note that the freezing point reference values
for potassium acetate solutions found in Melinder (2007) are mainly based on Timmermans
(1960), Florian (1997), Melinder (1998), as well as commercial products. Moreover, the
reference data for potassium formate found in Melinder (2007) and Cabot Corp., (2016) are
based on commercial products containing different additives. No reference data for ammonium
formate, ammonium acetate and cesium acetate solutions were found. As seen, the reference
and experimental values for potassium formate solutions up to concentration of 40 wt-%
(respective freezing point of -35 °C) are in rather good agreement. At higher concentrations,
the freezing point results was about 1-2 K lower than expected. Thus, lower potassium formate
concentration of 45 wt-% and 47 wt-% is needed to obtain the freezing point of -45 °C and -50
°C, respectively. Higher discrepancies in terms of both concentration and freezing point were
found in case of potassium acetate solutions.
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Figure 1: The freezing point temperature results for different formate and acetate salts

The deviation in the freezing point results for potassium acetate solutions was about 2-7 K at
concentrations over 34 wt-%. Therefore, lower potassium acetate concentration (39 wt-% and
45 wt-%) are needed to obtain the freezing point of -40 °C and -45 °C, respectively. These
differences can partly be explained by the fact that the different additives found in commercial
products can significantly affect the freezing point temperatures. Thus, this study presents for
the first time the concentrations of pure potassium formate and potassium acetate solutions
required to obtain the respective freezing point temperatures of -30; -35; -40; -45 and -50 °C.
Moreover, first freezing curves for cesium acetate, ammonium formate and ammonium acetate
solutions have been published. As seen, 42 wt-% ammonium formate and 50 wt-% ammonium
acetate solutions had the lowest freezing point temperature of -38 °C and -53 °C, respectively.
The lowest temperature of about -66 °C was reached for 60 wt-% cesium acetate solution while
80 wt-% cesium formate solution gave the freezing point of around -56 °C. The extrapolated
freezing curve for commercial cesium formate solutions found in Cabot Corp., (2016) show
that the lowest freezing point temperature of -60 °C for 74 wt-% cesium formate commercial
product. The experimental results for 24.7 wt-% sodium formate solution was in a good
agreement with reference values found in Frolova et al., (2015). Note that solutions of sodium
formate had rather high freezing point temperature and only 15 wt-% sodium formate solution
was included in this study.
Fig. 2 shows the density results obtained for cesium, ammonium, sodium and potassium salts.
The experimental density results for potassium acetate were in rather good agreement with
references (± 0.2 %). However, the density results for 19 wt-% and 36.8 wt-% potassium
formate solutions were about 0.5 % lower than references. Only density results for 29 wt-%
potassium formate solution were in rather good agreement with reference values. Note that
the reference values for potassium formate solutions found in Melinder (2007) and Melinder
(2010) are mainly based on commercial product data having different additives that affect
property values. As seen, cesium formate and cesium acetate solutions had the highest
density due to the significantly higher concentrations. Additionally, potassium formate and
potassium acetate solutions had higher density compared to sodium formate, ammonium
formate and ammonium acetate solutions.
Fig. 3 presents the results of dynamic viscosity measurements for different salt solutions. The
experimental results obtained for water were higher by up to 3 % than NIST reference values.
As seen, similar trends were observed for chosen salts solutions with different freezing point
temperatures. Results show the outstanding low dynamic viscosity results for all cesium
formate solutions.
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Figure 2: Density results

Figure 3: Dynamic viscosity results

Both 19 wt-% potassium formate and 16 wt-% ammonium formate solutions had higher
viscosity than 32 wt-% cesium formate solution at temperature of -8 °C by 12 % and 16 %,
respectively. Furthermore, 30 wt-% cesium acetate had higher viscosity by up to 41 %
compared to 32 wt-% cesium formate solution. Solutions of 15 wt-% sodium formate and 18.4
wt-% potassium acetate had very similar viscosity values in full temperature range.
Additionally, 17 wt-% ammonium acetate had the highest viscosity values among all samples.
Both 26 wt-% ammonium formate and 29 wt-% potassium formate solutions had higher
viscosity than cesium formate at temperature of -18 °C by 17 % and 19 %, respectively. 41 wt% cesium acetate, 27.7 wt-% potassium acetate and 27 wt-% ammonium acetate had higher
viscosity than 44 wt-% cesium formate by up to 42%, 58 % and 64 %, respectively. 27 wt-%
ammonium acetate solution showed the highest viscosity values among all tested samples.
36.8 wt-% potassium formate and 34 wt-% ammonium formate had higher dynamic viscosity
than 54 wt-% cesium formate at temperature of -18 °C by up to 33 % and 34 %, respectively.
Instead, 48.5 wt-% cesium acetate solution had higher viscosity by up to 51 % compared to 54
wt-% cesium formate solution. Again, 34.6 wt-% ammonium acetate showed the highest
viscosity values among all samples.
Fig.4 presents the specific heat capacity results. The experimental results for water were up to
1.5 % higher than NIST reference values. Note that the reference values for potassium formate
and potassium acetate found in Melinder (2007) and Melinder (2010) were mainly based on
different commercial products. As seen, 18.4 wt-% potassium acetate had higher specific heat
capacity than 19 wt-% potassium formate by up to 2 %. Moreover, 17 wt-% ammonium acetate,
15 wt-% sodium formate and 16 wt-% ammonium formate solutions had higher specific heat
capacity than 19 wt-% potassium formate by up to 8%, 6.5% and 6 %, respectively. Both 30
wt-% cesium acetate and 32 wt-% cesium formate had 8 % and 18% lower specific heat
capacity than 19 wt-% potassium formate. Similar tendencies were observed for solutions
having the freezing point of -20 °C and -30 °C. Again, potassium acetate solutions had higher
specific heat capacity than potassium formate solutions by up to 6 %. 27 wt-% ammonium
acetate and 26 wt-% ammonium formate had the highest specific heat capacity than 29 wt-%
potassium formate by up 11 % and 10 %, respectively.
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Figure 4: Specific heat capacity results

Figure 5: Thermal conductivity results

Whereas, 41 wt-% cesium acetate and 44 wt-% cesium formate had the lowest specific heat
capacity than 29 wt-% potassium formate by up to 19 % and 26 %, respectively. 34.6 wt-%
ammonium acetate and 34 wt-% ammonium formate solutions had the highest specific heat
capacity among all solutions having the freezing point of -30 °C. Instead, 48.5 wt-% cesium
acetate and 54 wt-% cesium formate had lower specific heat capacity than 36.8 wt-%
potassium formate by up to 3.8 % and 30 %, respectively.
Fig. 5 shows the results of thermal conductivity tests. The difference between the experimental
results and NIST reference values for water was less than 0.7 % which is significantly below
the measurement error of instrument set to be ± 2 %. It is important to underline that the
comparison of different salt solutions was based on the experimental results obtained for
potassium formate and potassium acetate solutions. Note that the density and specific heat
capacity are input values for post processing of thermal conductivity results since knowledge
of the volumetric heat capacity, ρcp, decreases the measurement error below 2 %. As seen,
the obtained results for potassium formate and acetate were up to 1 % lower than reference
values in Melinder (2007). Experimental results for 36.8 wt-% potassium formate and 34 wt-%
potassium acetate were by up to 5 % and 2 % lower than the reference values found in
Melinder (2007). The difference between experimental and reference values could be
explained by the fact that most reference values are based on commercial products data. As
seen, 15 wt-% sodium formate had higher thermal conductivity values than 19 wt-% potassium
formate and 16 wt-% ammonium formate. Instead, 32 wt-% cesium formate and 30 wt-%
cesium acetate had lower thermal conductivity than 17.9 wt-% potassium formate by up to 7
% and 11 % at temperature of -8 °C, respectively. Both 17 wt-% ammonium acetate and 18.7
wt-% potassium acetate solutions had rather similar results. 29 wt-% potassium formate and
26 wt-% ammonium formate had the highest thermal conductivity among solutions having the
freezing point of -20 °C. 44 wt-% cesium formate and 41wt-% cesium acetate solutions had
lower thermal conductivity than 29 wt-% potassium formate at temperature of -18 °C by up to
11 % and 16 %, respectively. Moreover, 27.7 wt-% potassium acetate had slightly higher
thermal conductivity values than 27 wt-% ammonium acetate. Similar results were observed
for solutions having the freezing point of -30 °C. Again, 36.8 wt-% potassium formate and 34
wt-% ammonium formate had the highest thermal conductivity among all investigated

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2573

solutions. Both 54 wt-% cesium formate and 48.5 wt-% cesium acetate solutions had lower
thermal conductivity than 36.8 wt-% potassium formate at temperature of -28 °C by up to 13
% and 30 %, respectively.

4. CONCLUSIONS
Results showed that different alkali metal ions such as potassium, sodium, cesium or
ammonium are affecting the freezing point, thermal conductivity, viscosity and specific heat
capacity in different ways. Among examined salts, ammonium formate showed the best
performance by giving the highest specific heat capacity and highest thermal conductivity and
the lowest dynamic viscosity compared to potassium formate and other salts. However, the
lowest freezing point measured for ammonium formate solution (42 wt-%) was -38 °C. Cesium
formate solutions had the lowest viscosity among all salts. Moreover, first freezing curves for
cesium acetate, ammonium formate and ammonium acetate solutions have been published.
This study shows that both cesium formate and sodium formate could be used as additives to
enhance different properties of potassium formate and potassium acetate secondary based
fluids. Further studies are planned to investigate new formate and acetate blends.
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ABSTRACT
CO2 refrigeration systems often encounter a drastical decrease of COP during transcritical operation.
Most commonly used methods for increasing the system efficiency are parallel compression, ejectors
or other work recovery expansion devices and mechanical subcooling. The comparison of those
methods in reference to the same refrigeration cycle is subject of the current research work.
Previous publications are presented considering the comparison of single methods usually in
reference to a specific base cycle. To obtain the comparability of the mentioned methods a system
simulation is performed within this paper with respect to the prospective applicability of all methods
on one existing refrigeration cycle.
As result of the simulations the system’s efficiency improvement potential of each method is
presented considering the corresponding operation conditions. Finally, a direct comparison between
all methods is done.
In conclusion the applicability of different efficiency increasing methods for transcritical operated CO2
refrigeration systems is stated.
Keywords: Refrigeration, Carbon Dioxide, Compressors, COP, Energy Efficiency, Expander, R744,
Subcooling.

1. INTRODUCTION
Refrigeration systems using carbon dioxide (R-744) as refrigerant have experienced a rising interest
and spreading in the recent years. This is a result of restrictions within common HFC refrigerants
due to the EU F-Gases Regulation (European Commission, 2014), the good availability and low
costs of this refrigerant as well as advances in CO2 refrigeration technologies (Nordtvedt, 2012). The
environmental impact of carbon dioxide as a refrigerant is very low as it has a global warming
potential (GWP) of 1 and no ozone depletion potential (ODP) (Lorentzen, 1994). Disadvantages of
CO2 as refrigerant are its high critical pressure (7.4 MPa) at a low temperature (31°C) and the low
energetic efficiency of refrigeration systems during transcritical operation. There are several
concepts for improving the energetic efficiency (Gullo, 2018): the exergy loss of throttling high
pressure refrigerant can be utilized by ejectors (Hafner, 2014; Elbel, 2008) or expanders, flash gas
at an intermediate pressure can be recompressed to high pressure and after leaving the gas cooler
refrigerant can be subcooled below ambient temperature by an additional refrigeration cycle. This
cycle is usually a separate cycle with a different refrigerant. It is called external subcooling,
sometimes also referred to as mechanical subcooling (Llopsis, 2015). It is also possible, to perform
subcooling by using an internal subcooler with an expander-compressor unit (Nickl, 2016). In this
work, the energetic efficiencies of these concepts are compared with each other by means of a
simulation.

2. INVESTIGATED SYSTEM DESIGNS
In Fig. 1 a simple refrigeration system for medium temperature cooling is shown. Carbon dioxide
refrigeration systems in supermarkets for transcritical operation are set up as a booster system,
which includes a low temperature stage. This additional stage is neglected here as its impact on this
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investigation is very small. The system set-up is denoted as flash gas bypass system and represents
the baseline system for the comparison of the improvements.
Fig. 2 shows a system, that includes both parallel compression and subcooling with an external
refrigeration circuit. At the same boundary conditions and pressures, subcooling of the refrigerant
leads to a lower flash gas amount in the receiver and improves the efficiency of the system. Using
parallel compression (9-11) instead of throttling flash gas (9-10) further improves the systems
efficiency. This benefit results from the lower specific compression work of the parallel compressor
compared to the specific compression work of the main compressor. Besides the parallel
compressors a flash gas bypass is still contained in the system. Thereby the influence of parallel
compression on a system with external subcooling can be derived.

Figure 1: scheme of simulated flash gas bypass system as reference system and associated log(p)h-diagram

Figure 2: scheme of refrigeration system with external mechanical subcooling and both parallel
compression and flash gas bypass with associated log(p)-h-diagram
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Instead of external mechanical subcooling, refrigerant at the gas cooler exit can be subcooled by an
internal subcooler circuit, as shown in Fig. 3. The expander compressor unit utilizes the expansion
work when expanding the CO2 from gas cooler pressure to intermediate pressure in the receiver.
The recovered work is used to recompress a subcooler mass flow from subcooler-evaporation
pressure to gas cooler pressure. By subcooling the refrigerant and expansion work recovery the
system gains additional refrigeration capacity and therefore the efficiency increases. This system
also contains both a flash gas bypass and parallel compression for comparison.

Figure 3: scheme of expander-subcooler system and associated log(p)-h-diagram

3. SIMULATION SET-UP
For investigations on R-744 refrigeration systems an object oriented system simulation was set up
in the programming language Python. Each component in the refrigeration cycle is represented by
an object and need different input values for computing the corresponding outlet values.
For the compressors model certain values for the inlet and outlet pressure, the inlet enthalpy and
the frequency are used to calculate the output enthalpy and the mass flow rate as will be described
later.
Expansion valves are modeled by an isenthalpic change of state and a flow function, which needs
the inlet density and both the inlet and the outlet pressure for calculating the mass flow rate.
Vessels like receivers or suction line accumulators are described by mass- and energy balances. If
there is two phase state (gas and liquid) inside the vessel, the exiting gas is considered as saturated
vapour and the liquid phase as saturated liquid. Otherwise the outlet enthalpy is calculated by the
energy balance assuming an ideal mixture of the containing and incoming refrigerant mass.
In the simulation an exemplary rack of five compound compressors is used in place of the depicted
single compressor in Figure 1 respectively the parallel compressor in Figs. 2 and 3. This rack maps
the behaviour of capacity control of a real compressor compound by varying the frequency of one
compressors and switching other compressors on or off. Additionally, PID controllers are used, which
control suction pressures with the racks capacity control. The high pressure as well as the
intermediate pressure in the flash gas bypass system is adjusted by controlling the valve lift of the
expansion valves.
For the simulations an evaporation temperature of temperature
8 ° was chosen, as a typical
evaporation temperature for medium temperature cooling in existing supermarket refrigeration
systems.
The coefficient of performance is calculated as follows:
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Eq. (1)

∑
in equation 1 is the cooling capacity, which is calculated by:

Eq. (2)
where
is the mass flow rate through the evaporator and
and
are the enthalpy values at the
in Eq. (3) is the shaft power of the (main) compressor
evaporator inlet and outlet respectively.
calculated by:
Eq. (3)
with the compressor mass flow rate
and the compressor inlet enthalpy . The value
denotes
the compressor outlet enthalpy, which is calculated by the isentropic compression outlet enthalpy
and the isentropic efficiency :
, , the compressor inlet enthalpy
,

Eq. (4)

As the compressor model of the parallel compressor is the same, the input power is calculated
accordingly.
The expander-compressor was modelled in the way, that the whole expander power is used for
compression of the subcooler-cycle:
Eq. (5)
,

Eq. (6)

For the following comparison of the COPs, only the gas cooler pressures with the highest COP value
were taken into account. These optimum gas cooler pressures vary slightly in each system. In
general they are slightly lower than the optimum gas cooler pressures of the flash gas bypass system
at the same gas cooler outlet temperature. The pressure in the receiver
3.5
was kept
constant.
The external subcooling was calculated for the refrigerant R-290, as this natural refrigerant with a
very low GWP of 3 is assumed as a state of the art available component.

4. RESULTS
Fig. 4 shows, that each method improves the systems efficiency compared to the flash gas bypass
system by a certain amount. Parallel compression shows the smallest increase of the overall
systems efficiency whereas the subcooling-expansion-compression-cycle combined with parallel
compression shows the highest efficiency improvement potential.
Each system’s COP relative to the COP of the Flash gas bypass system is shown in Fig. 5.
The parallel compression shows an improvement of about 10 % in COP over the whole range of gas
cooler outlet temperatures. A system with external subcooling at a subcooling temperature difference
of 10 K has a up to 30 % higher COP value than a flash gas bypass system, depending on the
ambient temperature. When subcooling the CO2 by 20 K, the improvement in COP rises over 40 %
at gas cooler oulet temperatures over 43 °C. Finally, with internal subcooling and usage of an
compressor-expander-unit, the COP increases over a wide range of ambient temperatures by about
35 %. Combined with parallel compression the COP is up to 45% higher.
The own results matches to the results given by other authors: Ferrara demonstrated an
improvement in COP of 34,5 % by use of an expander, whereas there the electrical expander output
energy was used for compression, so the system’s COP is calculated as follows (Ferrara, 2016):
Eq. (7)
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Figure 4: Calculated COPs of a flash gas bypass system (FGBYP), parallel compression system (PC),
expander-compressor-system (EXP) and systems with exteneral subcooling (ESC) by 10 K
respectively 20 K vs. gas cooler outlet temperature

Figure 5: COPs of improved systems relative to COP of the flash gas bypass system vs. gas cooler
outlet temperature

Additionally, by using a three-stage expander Nickl (2005) reports about an efficiency increase of
40 % and Wenzel demonstrated about 10 % (2012) with a two-stage-expander and up to 25 % for
mobile air conditioning.
The calculated increase of energetic efficiency by external subcooling is in the same order as Hanslik
(2018) reports for subcooling with water as refrigerant (R-718). There it is stated, that the COP can
be improved by 35 % at an evaporation temperature of -5 °C and 7.5 K subcooling temperature
difference. Sanchez (2016) demonstrated an improvement potential of 17.3 % in COP for
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mechanical subcooling with R-600a in a test rig at 35 °C cooling water inlet temperature. Here for
similar conditions an improvement of 27 % was calculated. The different increase of COP may result
from a different assumption of the isentropic efficiency of the compressor in the external subcooling
cycle.
The additional costs of each system are estimated by price lists of required components and include
only the additional investment costs (based on a 100 kW cooling capacity system). Implementing
parallel compression is estimated up to a 20 %; implementing external subcooling (10K) also 15 to
20 % increase in investment costs. A higher subcooling capacity for 20 K subcooling can make up
25 %. Combining parallel compression and external subcooling may lead to approximately 30 %
higher investment costs and in the case of 20 K external subcooling system approximately 35 %.
There is no price information regarding expanders. It can be assumed, that they will cost less than
an external subcooling system (e.g. less than 20 % of the total invest volume).

5. CONCLUSIONS
In this paper the energetic efficiency of different R-744 refrigeration system designs is examined by
means of a system simulation. The energetic efficiency rises with additional efforts such as parallel
compression, external subcooling or application of an expander-compressor subcooler cycle in a
certain way. The additionally integration of parallel compression in each system, further increases
the energetic efficiency by a nearly constant benefit of about 10 %. The increase in efficiency when
using external subcooling depends on the gas cooler outlet temperature. The expander-compressor
subcooling cycle in combination with parallel compression reaches the highest efficiency values of
the investigated systems.
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ABSTRACT
Application of absorption chillers and heat pumps based on the working pair water/lithium bromide
is limited by the requirement of high driving temperatures, limited temperature lift due to the risk of
crystallization, and weak peak load capability at raised ambient temperatures. Increased flexibility is
achieved when a mechanical vapor compressor is integrated in a conventional absorption cycle,
forming a hybrid absorption/compression chiller.
A pre-commercial design of the hybrid absorption/compression chiller is presented which can be
operated in pure absorption mode and hybrid operation with variable contribution of a mechanical
turbo compressor. Starting from the conventional design, the configuration of evaporator and
absorber have been refined in order to avoid pressure drops in the vapor flow and entrainment of
liquid refrigerant at the inlet of the compressor. Experimental results confirm the potential of the
hybrid concept. Operating temperatures, electrical and thermal COP are used as figures of merit.
Keywords: Absorption, Centrifugal Compressor, Chiller, Compression, Heat Pump, Hybrid System,
Water/Lithium Bromide, Natural Refrigerant R718.

1. INTRODUCTION
The environmental compatibility of refrigerants and the decarbonization of primary energy demand
for cooling and heating purposes in buildings is a great challenge for the future. While the use of
fluoro chlorinated hydrocarbons CFC with significant ozone depletion potential (ODP) has declined
sharply due to the Montreal Protocol in 1989, the focus is currently on the global warming potential
(GWP) of the replacement refrigerants used. However, these refrigerants are now often subject to
the 2014 tightened Regulation (EU) No.517 / 2014 on fluorinated greenhouse gases, as well as the
aspired phase-out until 2030 or simply very expensive. Not least because of that, natural refrigerants
are currently experiencing a renaissance. Table 1 lists indicative properties of some currently used
refrigerants assuming an idealized vapor compression refrigeration cycle between 45 ° and 6 °C.
Especially, specific volume, maximum process pressure and isentropic coefficient pose specific
challenges for refrigeration technology to obtain safe and efficient operation.
Table 1. Thermodynamic properties of some refrigerants in an idealized cooling cycle (6/45 °C)

GWP
ASHRAE, trivial name
formula
R717 Ammonia
NH3
0
R718 Water
H2 O
0
R744 Carbon dioxide
CO2
1
R22 Chlorodifluoromethane CHClF2 1810
3
R290 Propane
C 3 H8
R600a Isobutane
C4H10
3
R134a Tetrafluorethane
C2H2F2 1430
R407C R32/R125
Blend
2088
R1234yf Tetrafluoropropene C3H2F4
4

Tcrit pvap
°C bar
132 5.3
374 0.009
31 40.7
96 6.0
97 5.7
135 1.9
101 3.6
86 5.7
95 3.9

pcond
bar
17.8
0.096
tr.crit
17.3
15.3
6.0
11.6
19.7
11.5

П rꞏcp-1
K
3.3 267
10.3 592
N/A
76
2.9 168
2.7 143
3.1 150
3.2 143
3.5 142
3.0 122

к
qov
v
kJꞏm-3 m³ꞏkg-1
1.41 4484
0.23
1.33
17
137.60
2.42 25053 0.01
1.31 3852
0.04
1.23 3190
0.08
1.13 1309
0.19
1.19 2449
0.06
1.26 3458
0.04
1.16 2249
0.05
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Beside climate friendly refrigerants, new innovative system concepts for optimized integration of
renewable energies and/or waste heat have to be realized and tested for promising applications.
This paper describes the concept and technical execution of a combined absorption-compression
cycle with the natural refrigerant R718 and lithium bromide as sorbent. Furthermore, an investigation
on the intake pressure losses of the turbo compressor is carried out and measuring results for low
driving heat return temperatures are presented.

2. CONCEPT OF A HYBRID ABSORPTION-COMPRESSION CYCLE
In general, R718 absorption and compression cycles can be combined in parallel or serial
arrangement in order to form a hybrid cycle. In parallel the pressure difference between evaporator
and condenser has to be fulfilled by both technologies. Standard temperature levels (6 to 40 °C)
effect a huge suction volume and a compression ratio of 8 and more, which is fluid dynamically out
of scope of single stage vapor compressors. Moreover, these temperature levels request high driving
heat temperatures and thus lithium bromide concentrations of the absorption process with increased
danger of crystallization. As great advantage of the parallel arrangement, both technologies operate
independently with variable share of the overall chilled water capacity. If compression and absorption
cycle work in serial, the thermodynamic process conditions change with varying contribution of both
technics to the overall temperature lift between evaporator and condenser. Nevertheless, the two
processes themselves operate at moderate conditions far away from any constraint. But in that case,
to operate the compression or absorption cycle solely, additional bypasses are needed.
Here, a serial single stage hybrid absorption-compression cycle is proposed, wherein the turbocompressor merely supports the absorption process. As defined earlier by Eckert et al. (2015) and
depicted in Figure 1, the mechanically driven compressor operates either between evaporator and
condenser in EVA configuration, or in the DECO configuration, where the compressor is arranged
between desorber and condenser. The graphical position of the main components qualitatively
shows the logarithmic pressure level (ordinate) and negative inverse temperature level (abscissa) of
the working fluid lithium bromide as sorbent and water as refrigerant. An isenthalpic throttle
depressurizes the liquid refrigerant from the condenser to evaporator equilibrium conditions. In the
absorption section, a pump circulates lithium bromide solution between the externally cooled
absorber and the heat driven desorber. In between, a single phase heat exchanger recovers heat
for improved system efficiency. Here, the cooling water first enters the absorber and flows through
the condenser afterwards. Alternatively, a parallel or reverse connection is conceivable, but not
considered here.

Figure 1: Scheme of the serial hybrid cycle with integrated compressor between evaporator and
absorber (EVA configuration) or desorber and condenser (DECO configuration)

The thermodynamic performance and different operation modes describes Helm et al. (2015) by
means of a simplified absorption-compression model with additional mechanical compression ratios
up to Π=3 for both configurations.
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While a given mechanical compression ratio Π induces a slightly better process improvement in the
DECO configuration, the required specific shaft power Pspec in that case is much higher due to the
super-heated vapor released from the desorber. This might be eliminated by an additional inlet
cooling, but has not yet been analyzed in depth. Moreover, the isentropic efficiency η of the mechanical compression significantly decreases the mechanical power consumption, but has a only
minor effect on the desired process improvement. In general as shown in Figure 2, the temperature
lift ΔTlift, provided by the mechanical compression, increases with rising compression ratio Π, but is
also positively affected by the suction pressure ps . Additionally, for a given impeller diameter and
displacement volume the refrigerant mass flow through the turbo compressor is much higher in
DECO, as there is a massive change in vapor density and specific volume v for rising suction
pressure, as shown in Figure 3. Figure 4 depicts the rising specific heat of solution l with increasing
lithium bromide concentration w in the solution for both configurations. The pressure level plays a
rather subordinate role, but it increases slightly with higher pressures as well.

Figure 2: Mechanical temperature lift ΔTlift vs.
compression ratio Π and suction pressure ps

Figure 3: Specific vapor volume at given
compressor suction pressure ps

In a nutshell, the DECO configuration requires more heat in the desorber to separate the refrigerant
from the lithium bromide solution, resulting in a lower thermal efficiency. But, signifycantly more
refrigerant throughput and a slightly improved ΔTlift of the compressor are obtained. Nevertheless,
with regard to the heat ratio ζC, of usable cooling capacity QE in relation to the necessary heat input,
the EVA configuration is more effective and offers higher flexibility for application.

Figure 4: Specific heat of solution l as a function of lithium bromide concentration w and the
prevailing pressure level during absorption or desorption in EVA and DECO configuration
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3. HYBRID CHILLER PRE-COMMERCIAL DESIGN
Thanks to improvements in turbo compressor technology operating with the natural refrigerant water
(Meier-Staude and Kniffler, 2013; Efficient energy GmbH, 2016) the technical proof of concept of a
hybrid absorption-compression chiller has now become feasible. Therefore, a laboratory test plant
has been set up at Munich University of Applied Sciences in order to evaluate its performance under
different boundary conditions for selected application scenarios. The development aims at a hybrid
chiller providing 15 kW of chilled water at 6 °C with a maximum driving temperature of 90 °C and
cooling water inlet temperatures between 35 and 40 °C.
Basically, the thermodynamic properties of the natural refrigerant water require a revised absorption
chiller design to ensure undisturbed transonic vapor flow into the turbo compressor. Furthermore,
flow losses and the danger of entrainment of refrigerant droplets have to be minimized. Finally, a
concept with falling film over side by side horizontal tube bundles for the main heat exchangers
(Evaporator, Absorber, Condenser and Desorber) promises best thermodynamic and fluid dynamic
performance as well as scalability to higher capacities. Figure 5 shows a photo of the chiller (LxHxW,
160x200x80 cm) and the rendered 3D-CAD Model with upper Desorber-Condenser vessel and lower
Absorber-Evaporator vessel with turbo compressor on top. An automatized purge system
continuously removes non-condensable gases from the sub-atmospheric refrigeration process to
ensure equilibrium test conditions at any time.

Figure 5: Front view of the hybrid chiller demonstrator (left) and rear view of 3D CAD Model (right)

For improved flexibility, an additional one-way opening bypass flap between Evaporator and
Absorber allows a pure sorption mode without compressor input. Figure 6 shows this yellow highlighted plastic flap around the conic suction dome in the center. Another fast opening anti-surge
motor valve in a bypass between absorber and evaporator avoids unstable operation conditions of
the turbo compressor during startup and fast load changes. This device (see Figure 7), ensures the
minimum flow through the compressor at any time, avoiding surge and thus improving plant safety.

Figure 6: Cross sectional view of low pressure
vessel with centered evaporator, side facing
absorber and suction dome with bypass on top

Figure 7: Fast opening ball valve in bypass
connecting compressor discharge and suction
side to prevent surge at any operation condition
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4. SUCTION DOME INVESTIGATION
The main goals of the inlet dome are an efficient flow from the evaporator outlet to the turbo
compressor inlet, minimized construction volume and minor pressure drop between evaporator
outlet and compressor inlet. In this inlet duct investigation, a droplet separation is applied to eliminate
liquid drops in compressor inlet to prevent damage of the impeller.
ζ

p
p

p

.
.

(1)

.

p

Figure 8 shows different simulation results of various inlet domes for hybrid chiller concepts.

Figure 8: Ideal straight inlet dome (left) and inlet
dome with evaporator tubes inside circle (right)

Figure 9: Inlet dome with evaporator tubes
outside circle (left) and lateral inflow (right)

Figure 10 shows the pressure drop coefficient ζ for the concept figure 9 (right) lateral inflow for
different evaporator temperatures from 10 °C to 25 °C for the volume flow of 0,77 m³∙s-1. For rising
inlet temperatures, the Reynolds number of water is decreasing; therefore, losses through friction
and viscosity decrease and result in lower pressure loss. In contrary, low evaporator temperatures
around 5 and 10 °C yield higher loss coefficients for the inlet dome.

Figure 10: Inlet dome with side inflow
for a volume flow of 0,77 m³/s

Figure 11: Loss coefficients for the inlet dome
in figure 8 and 9 for different volume flows

In Figure 11 the loss coefficient for different inlet dome concepts of figure 7 and 8 is given. All
concepts are characterized by a decrease of the pressure drop for increasing volume flows. Low
volume flows lead to higher turbulence and detached inlet flow. The straight inflow with no tubes is
the theoretic ideal solution, but an inlet guide vane IGV is needed to separate liquids. Evaporator
tubes in the center result in a lower pressure drop than the tubes outside. The reason is a higher
flow velocity in the outer impeller leading to higher velocities in the inflow duct near the outer wall.
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5. TEST RESULTS FOR REDUCED DRIVING HEAT RETURN TEMPERATURES
As earlier described by Helm at al. (2018), the integration of a mechanical turbo compressor between
the evaporator and absorber of an absorption chiller (EVA-Configuration) helps to overcome the
limitations of the chosen working fluid and allows for the following relevant process improvements:
a) Increased cooling water temperatures for dry heat rejection under hot climate conditions
b) Lower driving heat inlet temperatures for utilization of low-tempered waste or solar heat
c) Capacity booster for peak load conditions and integration of abundant renewable electricity
Furthermore, especially in Combined Heat and Power (CHP) applications with combustion engines
a relatively low driving heat return temperature of 75 °C or less is questioned in order to ensure
proper oil cooling. Additionally, district heating networks often require low return temperatures as
well. So eventually, a high temperature difference in the driving heat circuit is targeted.
For that scenario, Table 2 gives the main test parameters of the combined absorption-compression
process providing 6.3 °C of chilled water (E1#T_brine_OUT) with a relatively high Absorber cooling
water inlet temperature A1#T_cool_IN = 34.8 °C at constant cooling water flowrate A1#V̇_cool of
3.6 m³ꞏh-1. In that case, the turbo compressor adds an additional internal temperature lift of 12 K,
which corresponds to a compression ratio of Π=2.2 respectively. This mechanical compression
support allows a driving heat utilization from 89.9 °C at the desorber Inlet (D1#T_heat_IN) down to
66.3 °C at the desorber outlet (D1#T_heat_OUT). Simultaneously, about 0.155 Watts of electricity
are consumed per Watt external chilled water capacity including refrigerant flash loses, called
specific compressor rating Pspec. The concentrations in the lithium bromide circuit of 49.9 % and
52.7 % are quite low. Thus, a good heat ratio ζC between chilled water and driving heat capacity of
0.753 is obtained. As the parameters standard deviation of the sample σ after the tuning phase is
quite low, quasi-stationary conditions are assumed during the entire measuring phase of 10 minutes.
Table 2. Parameters of the absorption-compression process for low driving heat return temperatures

Parameter

Unit

Value

σ

E1#T_brine_IN

°C

12.0

±2.5x10-1

E1#T_brine_OUT

°C

6.3

±1.2x10-1

A1#T_cool_IN

°C

34.8

±2.0x10-1

A1#V_cool

m³ꞏh-1

3.602

±1.6x10-2

A1#V_sol_OUT

m³ꞏh-1

0.2

±1.0x10-2

A1#w_sol_OUT

%mass

49.9

±8.3x10-1

D1#T_heat_IN

°C

89.9

±3.5x10-2

D1#T_heat_OUT

°C

66.3

±8.0x10-2

D1#w_sol_OUT

%mass

52.7

±2.7x10-1

Pspec

-

0.155

±1.4x10-1

ζC

-

0.753

±3.3x10-2

Figure 12: Effect of the temperature lift ΔTlift, provided by mechanical turbo compressor, on driving
heat return temperature Theat_out and specific compressor rating Pspec with constant H2O/LiBr-flow rate

By adjusting the revolution speed of the turbo compressor at unchanged boundary conditions, the
additional compression temperature lift ΔTlift varies between 0 and 15 K. Figure 12 indicates this
impact on driving heat return temperature and specific compressor rating for a constant solution flow
rate of A1# V̇_sol_OUT = 0.2 m³ꞏh-1. While the desorber inlet temperature D1#T_heat_IN remains
constant at 90 °C the driving heat return temperature, leaving the desorber, drops down to almost
60 °C with corresponding reduction in driving heat volume flow through the desorber. Without turbo
compressor support the return temperature increases to more than 85 °C.
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6. PERFORMANCE CHART
The “characteristic equation method” based on Ziegler (1999), Schweigler (1999) and recently
refined by Albers (2017) describes the part-load performance of absorption chillers and heat pumps
in a simplified analytical way. Here, the parameter “total temperature difference” ΔΔT as defined in
equation (2) establishes a linear link of the attainable chilled water capacity to the easy to measure
external temperature levels in the different heat transfer components. Thereby, the variable t
represents the average temperature of the external heat carrier medium of each component.
Additional input from the mechanical compressor is represented by ΔTlift, describing the difference
of equilibrium temperatures based on the evaporator and absorber pressure. The correction factor
R, namely Dühring coefficient, is determined from the average lithium bromide solution concentration
circulating between absorber and desorber, likewise reciprocal slope of the corresponding isostere
in the Dühring chart.
∆∆𝑇

𝑡

𝑡

𝑡

𝑡

∆𝑇

∙R

(2)

Most of the 40 measured values in the different operation modes are in good accordance with the
theoretical reflection. Only at high ΔΔT values, in the “LowReturn” mode as previously described,
the huge temperature difference in the external driving heat circuit and related low flow rate cause
greater deviations. This is attributable to a simplified logarithmic temperature difference approach of
the method. By neglecting these values, Figure 13 depicts a linear dependency between chilled
water capacity QE and total temperature difference ΔΔT. The root of the linear function shows the
minimum temperature difference ΔΔTmin to overcome the internal losses of the process. Particularly,
this includes solution heat exchanger effectiveness and heat losses and gains in between the
components and the ambient.

Figure 13: Attainable chilled water capacity QE
from total temperature difference ΔΔT supplied
to absorption-compression process

Figure 14: Heat ratio ζC of the four operation
modes with variable ΔΔT dependent on external
chilled water capacity QE

Figure 14 shows the quotient of produced chilled water capacity versus consumed driving heat, so
called heat ratio ζC, for a variable total temperature difference in part-load performance. While the
variance is quite small with changing ΔΔT and mechanical compressor input ΔTlift, the heat ratio
degrades moderately with decreasing chilled water capacity from over 0.8 at full load to less than
0.6 at 15 % of design chilled water capacity. To further improve the part load characteristic, the
solution flow rate circulating between absorber and desorber may be adapted to the current chilled
water capacity. Yet, this measure is limited by the minimum flow rate required for sufficiently wetting
the horizontal tube heat exchangers.
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7. CONCLUSION
Future climate friendly cold and heat supply systems for buildings necessitate efficient heat pumps
and chillers with minimal global warming potential over the entire lifespan. Beside low cost and easily
available natural refrigerants, this will incorporate efficient heat transformation processes with a high
share of renewable driving energy and/or waste heat. In this context, a combination of the thermal
absorption and mechanical vapor compression process with the natural refrigerant water (R718) and
lithium bromide as sorbent in a compact Hybrid Chiller cycle seems promising. For thermodynamic
performance and flexibility reasons, the mechanical compressor preferentially supports the sorption
process between evaporator and absorber. If a high power density is the dominating criterion, the
compressor performs best between desorber and condenser. With respect to the special refrigerant
conditions and operation envelope of the mechanical compressor, the hybrid chiller demonstrator
design has to be revised concerning optimal incident flow, pressure drop and safety equipment. In
total, four relevant operation modes have been identified, which show a significant improvement of
the sorption process regarding temperature levels and power output by means of the additional
temperature lift provided by the mechanical turbo compressor. In total, good conversion ratios of
heat to cold are achieved. Finally, a simple extension of the established “characteristic equation
method” of absorption technology to characterize the operation of hybrid chiller is in good agreement
with most measuring results in the different operation modes.
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NOMENCLATURE
ps
l
QE
Pspec
qov
R
w
Tcrit

suction pressure of compressor (kPa)
spec. heat of solution (kJ∙kg-1)
chilled water capacity (kW)
spec. power per cooling (-)
volumetric cooling power (kJ∙m-³)
Dühring coefficient (-)
lithium bromide concentration (%)
critical point temperature (°C)

v
ΔTlift
ΔΔT
κ
Π
ζC
ζ

specific volume (m³∙kg-1)
mechanical temperature lift (K)
total temperature difference (K)
isentropic exponent (-)
pressure ratio of compressor (-)
heat ratio in chiller mode (-)
pressure loss coefficient (-)
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ABSTRACT
Large-scale heat pumps (HPs) are being implemented to provide heat for district heating (DH)
systems from renewable heat sources. They are further expected to play a key role in integrated
energy systems as flexible loads that can be used to balance the electricity grid. However, most
large-scale HPs installed are designed for base load operation and are thus not optimized with
regard to dynamic behaviour. Within this work, the dynamic behaviour of different HP
configurations was assessed with regard to performance during load change. For this purpose, a
two-stage and a one-stage ammonia HP were modelled using Modelica. Further, different
adaptions of the two-stage HP to avoid condensation in the suction line were assessed. Fast
ramping resulted in oscillation of the liquid level in the receivers. It would thus be necessary to
design receivers carefully and include suction traps to avoid entrainment of droplets into the
suction lines. The results indicated that condensation in the low-pressure suction line was a limiting
factor for how fast the HPs may ramp down. This could be avoided by preheating of the suction
line. In that case, the HPs under assessment were able to regulate between 100 % and 40 % load
in less than five minutes, and they would thus be capable of providing secondary regulation power.
Keywords: Large-scale heat pump, dynamic operation, dynamic model, ammonia, regulation
power

1. INTRODUCTION
Denmark has decided to reduce CO2 emissions drastically in order to comply with international
climate change mitigation targets and national energy targets. The target is to supply all heating
and electricity from renewable energy sources in 2035 (The Danish government - EnergiForsynings- og Klimaministeriet, 2013).Renewable energy sources such as wind or solar power
are fluctuating and difficult to predict. In order to secure grid stability even with high shares of
fluctuating power production, flexible units on the production and demand side can be used to
balance out the frequency in the grid.
Heat pumps (HPs) enable the use of ambient or low-grade heat sources for heating purposes by
lifting the temperature from the source temperature to values high enough to supply the required
heating service. The fuel for the cycle is most cases electricity. Thus, HPs provide a link between
the electricity and the heating sector, and thereby they may act as flexible loads while supplying
renewables-based heat. The flexibility is provided by the possibility to store heat in storages, the
buildings or in the district heating (DH) grid.
Flexible operation of heat pumps may results in additional losses on the heating side (Meesenburg
et al., 2018). However, the flexibility to adapt the electric capacity of HPs can be used to provide
frequency regulation and thus act on the reserve markets. This may offer additional income for
plant operators. In order to do so the regulation rate needs to be fast enough in order to comply
with the standards of the transmission system operator (TSO).
While small-scale HPs can switch on and off rather quickly, large-scale HPs for DH supply are
usually designed for base load operation and thus, not optimized for fast regulation (David et al.,
2017). Accordingly, ramping rates in many applications are limited (Averfalk et al., 2014). In order
to improve the ability of large-scale HP systems to deliver regulation services, it has to be identified
what causes the limitations with regard to ramping rates and thereby, how the HP design and
control can be improved (Fischer and Madani, 2017).
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Danish law forbids the use of HFC refrigerants in large-scale applications because of their high
global warming potential (Miljøstyrelsen, 2016). Natural refrigerants such as ammonia are mostly
used for large-scale applications in Denmark today and accordingly, we chose to focus on
ammonia as a refrigerant for this study.
This study focused on the description of dynamic behaviour during load change of large-scale
ammonia HPs in a one-stage and a two-stage configuration. The aim was to identify what limits
fast ramping up and down of the HP. Liquid formation in the suction line during ramp-down has
been identified as a limitation to fast ramping. Accordingly, different strategies to avoid this were
assessed. The study was based on a dynamic simulation of the HP configurations, which is further
described in section 2. The results are presented in section 3 and discussed in section 4, before
conclusions are presented in section 5.

2. METHOD
2.1.

Heat pump application case

The HPs simulated in this study were designed to fit a real HP application, supplying DH to a small
grid in the development area of Nordhavn in Copenhagen, Denmark. The design heating capacity
of the system was 800 kW. As heat source groundwater at 10.5 °C was used. It was cooled down
in the evaporator and ejected into the sea. This was possible as the groundwater reservoir is
infiltrated by seawater anyway. The HP was able to deliver forward temperatures of 65 °C to 84 °C.
For this study, we assumed a forward temperature set point of 70 °C and a constant return
temperature of 35 °C. The assessed system was a two-stage ammonia HP, which comprises a
flooded evaporator, separator, low-stage compressor, open flash intercooler, high-stage
compressor, desuperheater, condenser, subcooler and two expansion valves as main
components. Pipe models were included for both suction lines of the compressors. For better
understanding of the nature of limitations during ramping of the HP, the results for the two-stage
HP were compared to a one-stage ammonia HP, supplying the same services. This was comprised
of flooded evaporator, separator, compressor, desuperheater, condenser, subcooler and one
expansion valve. A sketch of the two configurations is shown in Figure 1.

Figure 1 Sketch of 2-stage and 1-stage ammonia HP
2.2.

Dynamic model

In order to simulate the behaviour of the system during up- and down ramping a dynamic model of
the system was built in the object-oriented programming language Modelica (Modelica Association,
2017) using Dymola software (Dassault Systèmes, 2017) and the TIL library (TLK Thermo GmbH
& IfT, 2017). The latter includes validated component models for the simulation of refrigeration
systems. All components were modelled using dynamic energy and mass balances. Momentum
balances were modelled using steady state equations, as the time constants for momentum
balances are relative small compared to energy and mass balances.
The heat exchangers were modelled as corrugated plate heat exchangers using heat transfer
correlations of Steiner (VDI, 2010) for evaporation, of Shah (VDI, 2010) for condensation and of
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Gnielinski, Dittus & Boelter (Baehr and Stephan, 2011) for one-phase flow and a quadratic mass
flow dependent pressure drop for ammonia. The pressure drop on the water side was neglected
and the heat transfer coefficient was calculated according to (VDI, 2010). The pipe model included
Dittus & Boelter heat transfer model and Konakov’s pressure drop correlation for smooth pipes
(VDI, 2010). Heat conduction from the ambient through steel pipe and insulation was considered.
The compressors were piston compressors equipped with variable speed drive for part-load
operation. The oil-cooling was not modelled in detail, but was considered as a heat loss from the
compressor. The compressor efficiencies were calculated from compressor polynomials, which
were functions of condensation temperature, temperature lift, pressure ratio and compressor
frequency. The displacement volumes were assumed to be 0.009425 m³ and 0.0044 m³ for the
low-stage and high-stage compressor of the two-stage HP. The high-stage compressor polynomial
was also used for the compressor in the one-stage HP, due to the high temperature tolerance
(Johnson Controls, 2019). The displacement volume was 0.0088 m³.
The separators and open-flash intercooler were modelled as ideal tanks, i.e. equilibrium between
the gaseous phase and the liquid phase and uniform pressure and temperature in the tank were
assumed. As the liquid levels were assumed to be low, the pressure difference between gas- and
liquid outlet was neglected.
2.3.

Control of the heat pumps

The aim of controlling the HPs was to ensure a certain DH forward temperature and heat output at
high efficiency and safe operation of the HPs.
In the case of the two-stage HP there were 6 manipulating variables, namely the rotational speed
of both compressors, the source water flow, the DH water flow and the cross sectional area of both
expansion valves. The pairing of manipulating and controlled variables was deducted from a
relative gain array (RGA) analysis for the two-stage and one-stage HP (Seborg et al., 2010).
Resulting in the following control structures:
• Two-stage HP: The source water flow was fixed and the water temperature at the evaporator
outlet was controlled with the low-stage compressor rotational speed. Thereby, the capacity of
the HP was controlled indirectly. The rotational speed of the high-stage compressor controlled
intermediate pressure level, ensuring similar pressure ratios for both compressors. The DH
flow was altered to control the condensation temperature and thereby indirectly the DH forward
temperature. The high-stage expansion valve controlled the fluid quality at the condenser
outlet, and the low-stage expansion valve was used to control the liquid level in the separator.
• One-stage HP: the forward temperature was controlled by the DH water flow directly and the
heat output was controlled by the compressor rotational speed. The separator level was not
controlled, but the valve was used to control the condenser outlet quality of the fluid.
All controls were implemented as PI-controllers into the model. The parametrization was conducted
according to the method described by Kuhn (1995).The integration time constants for the 1-stage
system were reduced slightly to match those found for the two-stage cycle, in order to ensure that
the results are comparable. This resulted in slightly faster regulation of the one-stage HP.
2.4.

Operation strategy

In order to deliver frequency regulation, the HPs need to adapt their electricity consumption
quickly. It was assumed that only upward regulation defined from an electricity supply perspective
was provided. Accordingly, the HP can supply upward regulation by reducing electricity
consumption. This could be achieved either by
• ramping down into part-load and ramping up again when the regulation period is over
• shutting down the HP completely and starting up again afterwards.
To avoid the necessary dead times before restart of the compressors and increased wear through
recurrent starts and stops the first option was considered. Tests with the existing two-stage HP
have shown that the HP can operate at part loads of down to 40 % of full load. We thus assumed
that the HP capacity can be reduced by 60 % during regulation periods. The response time for
frequency normal reserve (primary reserve), secondary reserve and tertiary reserve in Eastern
Denmark is 150 s and 5 min and 15 min, respectively (Energinet.dk, 2017).. The frequency
(normal) reserve market is the economically most attractive option and thus the aim of this study
was to find out whether it could be possible to deliver the regulation power within 150 s. The
electric capacity of the assessed HP is too low to bid into the markets. That means an exceptional
allowance would be needed or the HP could be clustered with other flexible assets.
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2.5.

Evaluation criteria

The ramping time was defined as the time during which the set point of the heat load was changed,
thus forcing the system to a slower or faster change of load. This value was varied to be 150 s, 100
s, 50 s and 10 s. The time between start of the ramping and reaching steady state (ss) was defined
as the response time Δ𝑡#
Δ𝑡# = 𝑡%&'#& − 𝑡%%
Eq. (1)
Steady-state was assumed to be reached when the heat output was within a tolerance of 0.1 % of
the overall heat output. This corresponded to a tolerance of < 0.2 % of the steady-state value for
the power uptake.
The steady-state COP was defined as the ratio of the steady state heat output 𝑄%% and power
consumption 𝑊%% .
𝑄
COP%% = %%
Eq. (3)
𝑊%%
2.6.

Strategies to avoid condensation in the suction line

The observed condensation in the suction line was a limiting factor to how fast the HP may be
ramped down. There are a couple of possible technical solutions that may avoid condensation in
the suction line during fast ramp-downs. These could help to allow a faster ramping of the HP.
Here, we assessed four different strategies for the two-stage HP:
• Controlling the source outlet temperature from the evaporator to a constant temperature
The idea is to reduce the increase of evaporation pressure during fast ramp down by keeping the
mean source temperature constant. This may be obtained by controlling the source outlet
temperature by changing the source mass flow through the evaporator.
• Replacement of the flooded evaporator with a direct expansion evaporator (DEX)
In this case, the superheat after the evaporator could be controlled, to a value high enough to
avoid liquid entering the compressor during ramp-down. The heat exchanger size of the evaporator
was increased for this simulation by a factor 2, which was large enough to ensure superheating at
the outlet, but it was not optimized. The superheat was controlled by the low-stage expansion
valve.
• Implementation of an internal heat exchanger (IHX) to superheat the fluid in the suction line
This design would keep the flooded evaporator by installing an IHX to preheat the suction line
using the liquid exiting the open-flash intercooler as heat source. The IHX was designed using
manufacturer software to provide a superheating of 5 K. No further control was considered.
• Implementation of an electric preheating (el. PH) of the suction line
Ensuring superheated gas in the suction line by external electric heating is a flexible option, which
may easily be added to existing systems and may allow adapting the superheating to the
requirements of different operation modes. Due to simplicity for this study, we assumed a constant
heating power of 2 kW throughout the simulation time.

3. RESULT
This section presents the simulation results regulation of the two-stage HP and compares them to
the one-stage HP. Different possibilities of avoiding condensation in the suction line are compared.
3.1.

Two-stage heat pump

The dynamic behaviour of the two-stage HP was simulated for four different ramping times. The
power uptake and heat output for an exemplary case is depicted in Figure 2 and the steady state
COPs were calculated as 3.45 during full-load and 3.43 at 40 % part-load. The response times of
the system until steady-state are listed in Table 1.
It can be seen that the given system was not able to reach steady state in less than 150 s, which
corresponds to the necessary reaction time for primary reserve in Denmark. The full regulation
capacity might be delivered within 182 s to 306 s. That means that under the implemented control
strategy, the system reacted too slowly to provide primary reserve, but it might be possible to
provide secondary regulation power. The integration time constants of the controllers had a large
influence on the system response time, i.e. optimizing the controller would allow faster ramping.
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Two-stage
HP
Δ𝑡#
Δ𝑡#
ramp- ramp
down up
[s]
[s]

Ramping
time [s]

One-stage
HP
Δ𝑡#
Δ𝑡#
ramp- ramp
down up
[s]
[s]

150
100
50

278
238
205

306
270
221

285
240
203

303
265
232

10

182

190

179

209

Heat flow / power [kW]

Table 1 Response time for different ramping
times (change of set value) for the two- and
one-stage ammonia HP cycle
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Figure 2 Operation scheme for the provision of
regulation power. Depicted is the set value for the
heat flow, the actual heat flow and the power uptake
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The limiting factor was found to be a thermodynamic effect. As can be seen in Figure 4 the fast
ramp-down from full-load into part-load led to formation of liquid in the suction line. The effect was
stronger the faster the HP ramped down. This was due to a sudden increase in pressure on the
low-pressure side, which caused the saturation temperature of the fluid to increase. The walls of
the suction line warm up more slowly than the fluid due to the thermal inertia of the piping material.
Accordingly, the wall temperature was below the saturation temperature of the fluid, which would
lead to condensation along the pipe walls. The suction line in the model is only discretized in one
dimension, i.e. the quality values given here are averaged over the control volumes and it is
uncertain how much fluid would actually condense on the cold surface. Potentially, any droplet may
however harm the reciprocating compressor and condensation in the suction line should be
avoided. This limited how fast the HP capacity can be ramped down. Thus, an ammonia HP that
should adapt its load quickly needs to be designed in a way that condensation in the suction line is
avoided. During ramp-up, the suction line is warmer than the saturation temperature and thus there
is no problem with regard to condensation.

0.98

0
0.975
1900 2000 2100 2200 2300 2400 2500

Time [s]

Wall temperature
Fluid temperature
100 s quality
10 s quality

Saturation temperature
150 s quality
50 s quality

Figure 3 Filling level of intercooler and Figure 4 Fluid temperature, wall temperature, saturation
separator. Ramp-down start at 2000 s. temperature of the fluid and vapour quality at the end of
Ramp-up starts at 4000 s.
the low-pressure suction line in a two-stage ammonia
heat pump. Ramp-down into part load starts at 2000 s.
Ramp-up to full load starts at 4000 s.

Figure 3 shows the liquid level of the open-flash intercooler and the separator. The fast load
change induced large peaks in the filling level compared to steady-state level. This was especially
critical for relatively high filling levels in steady-state, as the absolute peaks in filling level were
high, too. This means that under the assumed control strategy the fast ramp down led to large
agitation, which could influence the separation of liquid and vapour in the vessel negatively, and
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which also influences the low and high stage pressure level - and thus the operation conditions of
the heat pump. The dynamic response of the filling level depended mainly on the controller
parameters chosen for the low-pressure expansion valve controller. This indicated that the applied
controller design method was not sufficient for this control pair and that a more elaborate controller
design is necessary.
3.2.

One-stage heat pump

In order to assess whether the more simple cycle design of a one-stage HP can lead to faster
response time of the HP system during ramping, a one-stage cycle with the same nominal heating
capacity as the two-stage cycle was simulated.
The response time for different ramping times of the one-stage HP are presented in Table 1. The
response times obtained did not differ significantly from the response times of the two-stage
system. This was due to the similar time constants of the controllers.
The filling level in the separator was not controlled in the one-stage cycle. Nonetheless, the
induced oscillations were as low as 3 % of the steady state filling level in full load and thus
significantly lower than for the two-stage cycle. Even though no advantage in terms of response
time was observed, the system reaction was more robust and fewer oscillations were induced.
Thus, a more simple cycle might be well suited for flexibly operated heat pumps. However, the
forward temperatures that may be delivered with a one-stage ammonia HP are limited.
As with the two-stage HP the fluid state in the suction line was in the two-phase region under fast
ramp-down of the HP capacity, i.e. condensation might occur. The effect was stronger for faster
ramping times.

Design
Base case
Source
control

Risk of
fluid in
suction line
[yes/no]
yes

Δ𝑡#

down
[s]
182

Δ𝑡#

COP%% COP%%

up
[s]
190

fullload
[-]
3.45

partload
[-]
3.43

yes

176

159

3.41

3.24

DEX

no

205

182

3.42

3.31

IHX

no

193

206

3.40

3.39

El. PH

no

254

176

3.41

3.35

3.3.

10
Superheating [K]

Table 2 Results for different cycle adaptions to avoid
condensation in the suction line
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different
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to
avoid
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Strategies to avoid condensation in the suction line

The results for these four adaptions to avoid condensation in the suction line are summarized in
Table 2. The response times were in a similar range as for the two-stage cycle without adaption.
The first option resulted in condensation in the suction line, too. Even though the increase in the
evaporation pressure was less than with the original control strategy, it still increased and even
peaked during ramp down. This meant that the same phenomenon as in the original cycle design
occurred.
The COP in full load was highest for DEX and el. PH. In both configurations the part-load COP was
comparably low. Further, Figure 5 shows that the superheating for DEX and el.PH decreased
shortly during ramp-down, this means that it is crucial to design the control in a way that the
superheating is large enough to accommodate this negative peak. The part-load COP of the el. PH
configuration might be increased to the value of the two-stage HP base case by shutting the
preheating off during part-load operation. The COP in part-load was highest for the internal heat
exchanger configuration. This was advantageous in the case of the proposed operation strategy,
as the heat pump would be operated in part-load during regulation periods. Thus, the loss due to
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regulation would be smaller and the cost of regulation would be lower. The full-load COP in the IHX
case was slightly lower than for the alternative adaptions. As shown in Figure 5, this was due to the
larger superheating compared to the other technologies. The superheating increased in part load
and did not show any downward peaks during ramp-down of the heat pump. It might be possible to
reduce the IHX size, and thereby the set point for the superheating, and thus reduce the decrease
in COP compared to the base case. In the IHX case, the reduction in COP due to superheating
was partly outbalanced by the effect of additional subcooling of the liquid before entering the lowpressure expansion valve. This explains the better COP in part-load compared to the other cases.

4. DISCUSSION
The results indicated that the thermal inertia of the components as well as inertia of the system due
to refrigerant migration actually had a minor impact on the system dynamics, as the system was
not ramped down completely and started up again, but only the load was changed. It was observed
that the dynamic behaviour is strongly influenced by the controller design. In the present study,
only PI controllers were considered. It is expected that the controller design may be improved by
advanced controller design methods, which may possibly reduce the reaction time of the two-stage
system far enough to be able to provide frequency normal reserve (150 s response time). It should
however be noted that the presented simulation results did not consider dead-times of actuators or
waiting times during compressor ramping. The latter was especially relevant for the two-stage
cycle, as the compressor load needs to be changed in an orchestrated way during ramping. This
may possibly lead to longer actual regulation times for the two-stage HP. Further, the heat pump
was controlled according to the desired heating capacity, as this is the main purpose of the heat
pump. In future applications, it might be considered to control the heat pump according to the
power uptake and thereby force the heat pump to follow the desired power consumption profile for
frequency regulation.
The results for the one-stage cycle did not show faster regulation performance than the two-stage
cycle model. However, during load change fewer oscillations occurred and the overall system
performance seemed to be more robust. The one-stage ammonia cycle is usually not chosen for
DH applications due to the limited supply temperatures. For 70 °C forward temperature the
discharge temperature exiting the compressor in the one-stage case was calculated to be ca. 172
°C. This might still be allowable with regard to thermal stability of the lubrication oil (Ommen et al.,
2015), but it is at the upper end of discharge temperatures tolerated in state-of-the-art compressor
technology. However, it seems promising to investigate whether one-stage cycles with other
working fluids may be more suitable for flexible operation.
Additionally, fast regulation led to sudden changes in the hold up of vessels in the system, such as
receivers, open flash intercooler and separators. This can lead to increased agitation of the vapour
and liquid flow, which may in extreme cases lead to two-phase flow in the lines towards
compressor or valve. Both should be avoided. The effect may be decreased by improved control of
the valves during the ramping routine. Further, the layout of vessels as suction traps (ASHRAE,
2006) can help to secure that no liquid enters the compressors during fast load changes.
The results showed that the crucial factor when ramping the HP down quickly was the danger of
condensation in the suction line due to sudden increase of evaporation pressure. It should however
be noted, that from this system level analysis it cannot be determined how much fluid actually
condensates in a real system, as the flow characteristics and heat conductions along the pipe
might have an influence, as well. Thus, the results only can give an indication on whether there is a
risk of condensation or not. Different possible strategies to avoid this risk were compared in the
results of this study. Among those, the implementation of an IHX and electric preheating of the
suction line seemed most promising. The first is preferable, if the system is supposed to ramp up
and down frequently, as condensation in the suction line can safely be avoided under all
conditions. The part load COP is comparably high for this system. The benefit of el. PH is that the
superheating control is very flexible and may be switched off during part-load or when the HP is not
delivering regulation power. Further, el.PH can be added relatively easy to existing HP systems.
The necessary heating power needs to be chosen carefully in order to deal with the downward
peaks in superheating that were observed. Another option would be to combine the flexible
approach and the IHX, by bypassing the IHX during part load operation or when no flexible
operation is scheduled. This would need further implementation of three-way-valves and
controllers. The influence of these on the system should be assessed further.
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5. CONCLUSION
This paper assessed the dynamic behaviour of a two-stage ammonia heat pump during ramping
from full-load into part-load and up to full-load again. The results were compared to a one-stage
cycle. The response times for both systems was comparable, but the one-stage cycle showed less
oscillation during fast ramping. By ramping the heat pump down quickly, large oscillations were
observed in the filling levels of intercooler and separator in the two-stage cycle. This should be
considered in controller design. Further, suction traps could avoid liquid entering the suction line.
Condensation in the low-pressure suction line was identified as a major limiting factor with regard
to possible ramping times. Condensation was more likely to happen the faster the heat pump was
ramped down. In order to avoid this, several possible adaptions were assessed. Out of these, an
internal heat exchanger between the liquid outlet from the intercooler and the suction line and
electric preheating seemed to be most feasible. If condensation could be avoided, the heat pump
set up would be able to deliver secondary regulation power, i.e. response time below five minutes.
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ABSTRACT
A Modelica library has been developed to simulate thermal management architectures of Electrical
Environmental Control Systems (E-ECS) in new generation aircrafts. The modeling of these
architectures requires significant efforts to overcome the non-negligible number of numerical
difficulties related to the steady-state and dynamic resolution of both particular components and
subsystems. The library main goal is to conduct accurate and robust simulations with optimized
computational time based on an appropriate trade-off between component model simplicity and
ability to represent its behavior accurately.
The work presented herein is focused on the resolution of the Vapor Compression System (VCS)
and its integration within the aforementioned E-ECS architectures. The VCS has been modeled
together with other relevant subsystems in order to assess the library numerical capacities and to
study the influence of some relevant parameters such as the environment temperature or the VCS
compressor working frequency.
Keywords: Modeling, Vapor Compression Systems, Dynamic Simulations, Environmental Control
System.

1. INTRODUCTION
The design of new environmental control system architectures in the aeronautical industry is
usually conducted with the support of numerical modeling and simulations. However, the analysis
of such architectures is a complex task and their modeling is a challenging goal. The present work
derives from an on-going project within the CleanSky2 European research program whose aim is
to develop a complete set of Modelica libraries to simulate E-ECS with the following requirements:
high accuracy (numerical predictions close to correct values), robustness (numerical reliability
within a wide range of operating conditions), and minimized computational time (to guarantee
reasonable computational time of large architectures).
Modelica is an object-oriented and an equation-based language where large and complex system
architectures involving multiple physics can be handled with relative ease. The whole set of system
equations are internally rearranged and manipulated to generate an optimized code prior to the
execution of simulations so that the user can concentrate the efforts on the modeling aspect
instead of the solving procedures. The use of such language approach has been used and
recommended for the modeling and simulation of combined systems (Wetter et al., 2016).
The E-ECS architectures being currently studied usually include a VCS unit to provide additional
power to cool down the cabin when needed (unlike prior architectures where the cabin cooling was
mainly achieved by means of simpler but less efficient air cycles). In the particular E-ECS
architecture tackled herein, the VCS is directly linked to a liquid circuit that serves as a heat bridge
between the VCS evaporator and the cabin recirculation air flow, and indirectly related to another
liquid circuit whose main function is to cool down some electronic devices.
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Many difficulties have been faced during the development of the libraries. On the one hand, the
complex phenomena involved in some components (i.e. the phase changes in heat exchangers,
the consideration of moist air in heat exchangers, the surge conditions in centrifugal compressors),
and on the other hand, the numerous numerical problems when solving systems (i.e. the
appropriate arrangements for initialization procedures, the management of fluid charge in closed
circuits, the handling of near-zero and reverse mass flow rates). All these aspects where
meticulously tackled in order to get an acceptable compromise between prediction accuracy,
robustness, and computational time consumption.
In the present work an E-ECS model based on the Modelica libraries developed is presented and
analyzed. In the following sections the main E-ECS components and subsystems are described
from both the mathematical and numerical point of views. The model is tested at both transient and
steady-state conditions to assess its numerical robustness and the influence of some relevant
parameters.

2. SYSTEM CONFIGURATION
The basic scheme of the E-ECS model analyzed is presented in Fig. 1 and consists of three main
circuits, namely, a vapor compression system and two liquid loops.

Figure 1: Simplified E-ECS architecture scheme

The VCS is at the core of the E-ECS. Its main task is to generate cooling power from its work
input. It is made up of a centrifugal compressor (to heat, pressurize, and drive the refrigerant), a
condenser (to evacuate the heat), an evaporator (to extract heat from the adjacent liquid loop), and
a thermostatic valve (to regulate the flow conditions). This circuit includes other minor components
such as ducts, by-pass valves, and a reservoir (to store/release refrigerant according to the VCS
cooling demand).
The cold liquid circuit is directly linked to the vapor compression system as they both share the
evaporator component. Its task is to remove heat from the aircraft cabin recirculation air and to
transfer it to the VCS evaporator. This circuit is composed of pumps placed in parallel (to produce
fluid flow), ducts, valves (to regulate the flow), and a tank (to handle liquid expansion/contraction).
The hot liquid circuit is indirectly linked to the VCS as the incoming ram air temperature is modified
at the condenser when the VCS is working. Its assignment is to keep the on-board electronic
devices at appropriate temperatures to prevent them from overheating failures. The heat is
extracted by means of multiple heat exchangers connected in parallel and then drained into the
ram air duct.
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It is worth mentioning that the cabin temperature is regulated by both an air cycle (which has not
been modeled for this work) and the VCS system. However, the VCS is only activated when
additional cooling power is needed (i.e. when the environment temperatures are relatively high).

3. COMPONENTS AND SYSTEMS
This section is devoted to introduce the most relevant components developed for the E-ECS
libraries together with the main numerical aspects considered for circuits resolution.
3.1.

Components

The primary goal was to provide low time consuming components to prevent from having
bottlenecks during the global numerical resolution (most components are based on simplified
mathematical formulations and fed with performance maps).
3.1.1. Turbo machines
On the one hand, the vapor compression system is driven by a centrifugal type compressor with
variable speed. The compressor is calculated from performance maps which in turn are derived
from experimental data or higher detailed models. Both the pressure drop and the work
consumption are expressed as a function of both the compressor working frequency and de
volumetric flow rate. A characteristic curve is also provided to prevent the compressor from
working at surge conditions (e.g. by means of a by-pass duct). A dynamic relaxation is applied
over the mass flow rate to facilitate the match between the actual system variables and the
performance map readings. Besides the compression itself, a physical volume is located upstream
of the compressor to account for flow dynamics.
On the other hand, the flow through both liquid circuits is driven by two pumps connected in
parallel. The performance maps for pumps are calculated and obtained in a similar manner than
for the centrifugal compressors
3.1.2. Heat exchangers
The E-ECS system studied herein is made up of several heat exchanger types, namely,
condenser, evaporator, and liquid-to-air heat exchanger. The models for all these cases have been
developed following a similar approach based on differentiated fluid subcomponents for air, liquid,
and two-phase refrigerant. In each heat exchanger two fluid subcomponents share a common solid
subcomponent that stands for the interface between them.

Figure 2: SMB approach: evaporator scheme (left) and transitions (right)

The liquid fluid model is based on an ԑ-NTU approach in order to optimize the calculation speed
and to prevent the emergence of unreal temperature values. The moist air flow model is based on
a similar approach but heat transfer due to water condensation is also considered. The refrigerant
model is based on a switching moving boundary approach (SMB) with low computational time as
only three control volumes are used (unlike distributed models where many control volumes are
needed). These models allow to consider the three possible fluid phases but possess added
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numerical complexity. Fig. 2 shows the typical scheme of an evaporator together with its operating
modes and transitions in the SMB method.
3.1.3. Minor components
Additional models for minor components were also developed. In expansion devices the mass flow
rate is calculated as a function of the pressure drop, the flow coefficient and the effective crosssectional area which can be adjusted from an external signal. Tanks are important components
present in all the studied fluid circuits. Their formulation is based on a unique temperature,
common to the whole tank, and the assumption that phase separation is complete in the case of
two-phase flow tanks. Ducts are less complex components but may account for important pressure
losses between major components and imply some delay between inlet and outlet flows.
3.2.

Systems

Many difficulties arise when closed circuits are addressed with Modelica, namely, the initialization
procedure, the strategy to reach a steady-state operating point, the handling of start-up/shut-down
events, the flow at low/null mass flow rate conditions, the self-regulation thermostatic valve in the
VCS, and the management of the system fluid charge. These critical aspects were tackled in the
present work focusing on achieving robustness and minimum computational time.
3.2.1. Initialization
The system resolution at time equal to zero is a critical numerical task as no information on the
previous time step is available. Appropriate initial values could be difficult to obtain specially for
closed systems. To facilitate the resolution of components during the initialization both homotopy
transformations and dynamic relaxation of certain variables were implemented. In addition, the
variables initial values were automatically defined from a dedicated global component that was
developed for each specific circuit.
3.2.2. Steady-state resolution
A direct calculation of the initial steady-state cannot be achieved by setting all derivatives equal to
zero because it leads to a singularity. This difficulty was addressed by reaching the steady-state by
means of a meaningless transient relaxation starting from a set of guessed initial values.
3.2.3. Start-up/shut-down operations
The system simulation at (near) zero mass flow rates is a considerable challenge. At such
conditions oscillations appear due to the fast dynamics in the model that force the solver time step
to be significantly reduced. Equations were rearranged to avoid any possible division by zero and
regularization was added to all the pressure drop equations.
3.2.4. Refrigerant charge management
The refrigerant mass amount conservation is a critical aspect to consider for simulations, specially
for the VCS. The charge amount value can be defined at the initial condition but can experience
non-negligible variations during the simulation execution as long as the mass conservation
undergoes small deviations in time due to the lumped nature of the two-phase flow heat exchanger
models. The approach used in the present model consist in correcting the refrigerant mass amount
whenever its value deviates too much from the reference value by artificially injecting or extracting
tiny amounts of mass into or from the circuit, respectively.
3.2.5. Transient resolution
The system transient response throughout time can produce numerical issues when extreme
modifications of the boundary conditions occur. The model has been tested at these conditions to
assure robustness.
3.2.6. Thermostatic valve operation
As mentioned previously the VCS superheating is controlled by means of a thermostatic valve
located between the condenser and the evaporator. This type of self-controlling systems can
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generate several numerical instabilities. The proposed approach consisted in using an adjustable
valve combined with a PID controller that compares the reference superheating value against the
measured one (PID parameters are adjusted from experimental data).

4. RESULTS
The E-ECS architecture presented in Fig. 1 has been assembled using the Dymola/Modelica
environment and the recently developed libraries. The assembly includes all the circuits involved
with all their corresponding components.
4.1.

Steady-State Simulations

Two sets of steady-state simulations of the whole E-ECS have been carried out to analyze the
influence of two relevant parameters: the ram air inlet temperature (which represents the aircraft
surrounding conditions) and the VCS compressor working frequency (which represents a major
control action). These two parameters were modified over a wide range starting from a reference
case defined by an inlet ram air of 40 ºC and a compressor dimensionless frequency of 1. The
other boundary variables were kept constant for all the simulations, namely, the ram air mass flow
rate, the cabin recirculation air circuit mass flow rate, the VCS superheating reference value, the
working speed of pumps, the heat gain due to all electronic devices, and the cabin air return
temperature (30ºC). The results presented in this document are based on dimensionless
parameters:
⁄
eq. (1)

̇

⁄

eq. (2)

̇⁄ ̇

eq. (3)

⁄

eq. (4)

Where Q is the VCS cooling power, COP is the VCS coefficient of performance, ̇ is the VCS
refrigerant mass flow rate, and f is the VCS compressor working frequency. The index ref stands
for the reference case while the asterisk stands for non-dimensionality.

Figure 3: VCS characteristics and ECS relevant temperatures (steady-state simulation with different
inlet ram air temperatures)

Fig. 3 shows the E-ECS response according to the ram air inlet temperature value. The value of
the ram air temperature is closely related to the altitude and geographical zone of the airplane
location. For instance, the selected reference value of 40 ºC can represent the surrounding air
temperature at sea level during a hot summer day. The increase of the environment temperature
forces the VCS to augment its discharge pressure together with its condensation temperature to
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enable heat rejection. Therefore the compressor power consumption grows and the VCS
coefficient of performance deteriorates as seen in Figure 3. The overall cooling power diminishes
and the cabin supply temperature rises. The ram outlet temperature increases accordingly.

Figure 4: VCS characteristics and ECS relevant temperatures (steady-state simulation with different
compressor working frequencies)

Fig. 4 presents the E-ECS behavior as the compressor frequency is increased. Both the
compressor power consumption and the VCS refrigerant mass flow rate increase as well as the
heat extracted by the VCS evaporator. However, the latter parameter increases at a lower rate so
that the coefficient of performance decreases. The cabin supply temperature diminishes in
accordance to the cooling power increase while the outlet ram air temperature increases due to the
higher heat expelled through the condenser.
More than 20 steady-state cases were run to produce the present parametric study. The
computational time for each particular test ranged between 25 and 40 seconds. These calculation
times are relatively low considering that the complete assembly from Fig. 1 has been fully
simulated considering the real configuration of all circuits and all the components involved. The
time values mentioned in this document stand for the CPU integration time provided by Dymola
(version 17). The specifications of the PC used to run all cases presented herein are: Intel(R) Core
(TM) i5-2540M CPU @ 2.60GHz with 8192MB RAM.
4.2.

Transient Simulations

In this section an illustrative test of the E-ECS response to a progressive increase in the
environment temperature is presented. This particular temperature increase could represent the
aircraft surrounding conditions according to the following sequence during a summer day: aircraft
starting at the sea level in an airport, taking off, and initial climbing (progressive decrease of
temperature).
The E-ECS has been subjected to a linear decrease of the surrounding temperature. As seen in
Fig. 5, the whole E-ECS is initialized from guessed values, and after 1000 seconds, when the
steady-state condition is reached, the inlet ram temperature is linearly decreased from 55 to 20 ºC
during 500 seconds. The simulation finishes after 3000 seconds. It is observed how the VCS
generates more cooling power as the environment temperature decreases leading to lower cabin
supply temperatures.
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Figure 5: VCS characteristics and ECS relevant temperatures (transient simulation: inlet ram air
temperature decrease)

Fig. 6 shows the same exact change of the inlet ram air temperature but in this case the VCS
compressor speed is linearly decreased during the same interval (the dimensionless frequency
value is changed from 1 to 0.55). This action allows the VCS to adjust its operation to a more
appropriate condition in order to keep the same cooling power. As seen in Fig. 6 the supply
temperature remains almost constant as no excess cooling is provided, furthermore, the VCS
power consumption is drastically reduced, leading to a clear increase of the COP. The CPU time
for integration of the transient cases plotted in Figs. 5 and 6 ranged between 60 and 80 seconds.

Figure 6: VCS characteristics and ECS relevant temperatures (transient simulation: inlet ram air
temperature decrease combined with compressor speed decrease)

4.3.

Start-Up/Shut-Down Simulations

This section is devoted to test a more challenging numerical condition that must be faced by the EECS: shut-downs and start-ups. The illustrative case presented herein consists of a transient case
lasting 6000 seconds where the compressor was subjected to consecutive start-ups and shutdowns. The CPU integration time spent for this simulation was 200 seconds.
The results presented in Fig. 7 show the evolution of the VCS most relevant parameters, namely,
cooling power, and refrigerant mass flow rate, together with the resulting cabin supply and outlet
ram air temperatures. During the first compressor shut-down (between 1600 and 2600 seconds)
both the VCS mass flow rate and its cooling power drop to zero as expected, while the cabin
supply temperature increases progressively in an asymptotical way towards 30 ºC which is the
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cabin return temperature value. The outlet ram air temperature is also heavily affected when the
VCS is not operative as its value drops about 10 ºC due to the condenser inactivity.

Figure 7: VCS characteristics and ECS relevant temperatures (transient simulation
considering compressor shut-down and start-up)

5. CONCLUSIONS
The Modelica library developed and presented has been numerically tested with success. A
particular E-ECS architecture including multiple components and fluid circuits has been modelled
and simulated at both steady-state and transient conditions.
A significant number of numerical difficulties were addressed during the development of the
aforementioned library concerning both component modeling and system resolution aspects. The
solutions applied for each particular issue where based on an appropriate compromise between
the main library requirements of robustness and time consumption.
Many aspects of the developed numerical tool can be highlighted. First, the modeling and
simulation of a system made up of complex circuits combinations was properly achieved (i.e. a
partial configuration of an E-ECS architecture consisting of a vapor compression cycle directly and
indirectly associated with two liquid circuits respectively). Second, the computational time
consumption when conducting the numerical integration was relatively low (steady-state cases
were calculated in about 35 seconds while demanding transient cases lasting 6000 seconds were
calculated in about 200 seconds). Third, the library is now ready to study and integrate more
advanced control procedures in order to optimize the system performance during all the aircraft
journey phases.
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ABSTRACT
The simulation of complex thermal systems including an increasing number of components, and
specifically heat exchangers, is still attracting the attention of the researchers, both to reduce the
time needed for the resolution and to improve the accuracy for such simplified models. In the heat
exchanger field, simplified models are typically based on semi-analytical methods such e-NTU (for
steady state analysis), or by using single volume transient models (with strong limitations to cover
temperature crossing within the exchanger). The current paper describes the work of the authors in
the development of simplified models for heat exchangers under the Modelica platform, trying to
find a compromise between accuracy in steady state conditions, while maintaining the transient
response of the component. In this case, the focus is given to liquid cooled air heat exchangers in
an aircraft application, where the water condensation on the airside is of importance to
characterize the performance.
Keywords: Heat Exchanger, Dehumidification, Modelica.

1. INTRODUCTION
The liquid cooled air heat exchangers are widely used in air cooling systems. They have been
extensively studied from a numerical and experimental point of view. However, is still attracting the
attention of the researchers, both to reduce the time needed for the resolution and to improve the
accuracy for such simplified models. If industrial applicability is desired, effort must focus on these
aspects. In this regard, an accurate simulation model for liquid cooled air heat exchanger is the
perfect tool to conduct studies on both design and optimization to achieve better cost-effective
solutions. The focus of this work is to develop simplified heat exchanger models with a low
computational consumption, focusing the attention in the air-side, specially in dehumidifying
conditions. The model of the liquid cooled air heat exchanger and the other components shown in
this work to form the air cooling system are being developed using the Modelica language and
consists of several libraries that account for all components and fluids present in such systems.
Modelica is an equation-based language. This characteristic implies that component models are
based on equations where assignments are not needed unlike imperative programming languages.
The whole set of components and links equations are systematically rearranged and algebraically
manipulated to generate an optimized code prior to simulation so that Modelica users or
programmers do not have to deal with this task. Modelica is also an object-oriented language
where models can be associated following real physical connections and where multi-physics
simulations can be handled with ease. The use of such approach for thermal systems has been
recommended (Wetter, 2016). The development of the aforementioned libraries for air cooling
systems is currently focused on modeling the liquid circuit and the vapor compression system
(VCS). Three main attributes are required for individual components and components assemblies:
robustness (numerical reliability within a wide range of operating conditions), accuracy (numerical
predictions close to measured values), and minimized computational time. This latter attribute is
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crucial to guarantee reasonable computational time in air cooling systems with large and complex
configurations but also to conduct control procedures over large periods of time.
This work presents two types of simulations, individual component and the whole system. The
individual simulations of the liquid cooled air heat exchanger where the information obtained with
more detailed models are used for a comparison of the numerical model develop for the liquid
cooled air heat exchanger with different dehumidifying situations. In the other type, the air cooling
system made up of a vapor compression cycle combined with a liquid loop that cools down a cabin
through an air-to-liquid heat exchanger. In the following sections the mathematical formulation of
the most important components and systems is briefly described and the most relevant numerical
results of the studied system are shown.

2. SYSTEM CONFIGURATION
The system studied herein consists of two different flow circuits interacting between each other.
The liquid circuit interacts with the vapor compression loop through the refrigerant-to-liquid heat
exchanger which is a shared component. It also contains a pump, a liquid-to-air heat exchanger (to
cool down the indoor environment), and other additional components like valves, tubes and tanks.
The other system is the vapor compression cycle which is made up of several elements, namely, a
centrifugal compressor, a refrigerant-to-air condenser (to eject heat towards the environment), a
refrigerant-to-liquid evaporator (to extract heat from the liquid loop), and some additional minor
elements. The system layout scheme is presented in Fig. 1 (left).

Figure 1: Dymola simulation environment. On the left, the air cooling system layout; on the right, the
heat exchanger internal scheme

3. COMPONENTS
This section is devoted to introduce the models of components that have been developed and
included in the Modelica libraries created. The primary goal was to provide low time consuming
components to prevent from having bottlenecks during the numerical resolution. Therefore, the
modeling of most components has been based on simplified mathematical formulations and fed
with performance maps. The mathematical formulation of the most determinant components is
presented in this section.
3.1.

Turbo Machines

The vapor compression system and the liquid loop are driven by a compressor and a pump,
respectively.
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3.1.1.
Compressor
The compressor used in the vapor compression system is of the centrifugal type. The compression
process is considered instantaneous as its time scale is significantly smaller compared to the
whole vapor cycle thermal and fluid-dynamic time scale. Both the mass flow rate produced and the
compressor work done are expressed via the volumetric and the isentropic efficiencies. These
efficiencies are also defined as a function of the compression ratio from experimental data or high
detailed simulations.
3.1.2. Pump
The pump model calculates the pressure gain together with the consumed power by means of
performance maps. These two variables are expressed as a function of the volumetric flow and the
working frequency. The maps are previously generated from empirical data, or alternatively, from
more advanced models.
3.2.

Heat Exchangers

Heat exchangers are probably the most challenging components of the whole system. Three types
of heat exchangers were implemented, namely, a condenser (refrigerant vs. dry air), an evaporator
(refrigerant vs. liquid), and the air-to-liquid heat exchanger (liquid vs. moist air). These components
share a common internal structure where two fluid flow models are thermally linked through a
specific component that stands for the physical solid between them (see Figure 1 (right)). This
simple approach allows to easily build a large variety of heat exchangers by combining different
fluid models. The most relevant aspects of these crucial components are detailed in the following.
Fluid flows are calculated from lumped heat transfer analyses in order to optimize the
computational time, which is a critical requirement for the simulation of large and complex systems.
The model accuracy relies on the empirical information provided (e.g. heat transfer coefficients)
due to its lumped nature. The acquisition of appropriate heat transfer coefficients is essential for
the model accuracy.
3.2.1. Liquid flow model
The prediction of the heat transfer between the liquid flow and the solid interface is carried out
considering a single control volume. The method implemented is based on an ε-NTU approach in
order to optimize the calculation speed and also to prevent the calculation of unreal temperature
values. The sensible heat is calculated by:
𝑄𝑠 = 𝜀𝐶(𝑇𝑠𝑜𝑙𝑖𝑑 − 𝑇𝑓𝑙𝑢𝑖𝑑,𝑖𝑛 )𝐴

eq. (1)

3.2.2. Refrigerant flow model
In this work, the implemented refrigerant model is based on the switching moving boundary
approach SMB (Jensen, 2002), this approach has low computational time compared to fixed
volumes approach. However, SMB models add difficulties such as the calculation of the mean void
fraction, the variation of the length of the zones and the activation and deactivation of the different
zones. In the refrigerant flow three different zones are distinguished: sub-cooled, two-phase, and
super heating. The conservation equations of mass and energy are calculated at each zone.
Depending on the current flow conditions, the model switches between different operating modes
so that zones are activated or deactivated. The model for the refrigerant flow has been presented
in a previous work (Ablanque et al., 2019), where more details can be found.
3.2.3. Moist air flow model
The dry air flow calculation is conducted in a similar way to the liquid case presented in section
3.2.1. However, when moist air is considered the heat transfer due to water condensation should
be also considered. The total heat transferred by the fluid is now calculated from both its sensible
(𝑄𝑠 ) and latent (𝑄𝑠 ) terms, see equations (2) and (3). The sensible heat term is calculated as in
section 3.2.1, while the humidity at the exit is expressed as is shown in equation (4), where 𝛽 is the
ratio between thermal diffusivity and mass diffusivity of humid air.
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𝑄 = 𝑄𝑠 + 𝑄𝑙

eq. (2)

𝑄𝑙 = 𝑚̇𝑎𝑖𝑟 ℎ𝑓𝑔 (𝑤𝑜𝑢𝑡 − 𝑤𝑖𝑛 )𝐴

eq. (3)

𝑤𝑜𝑢𝑡 = 𝑤𝑠𝑎𝑡,𝑠𝑜𝑙𝑖𝑑 + (𝑤𝑖𝑛 − 𝑤𝑠𝑎𝑡,𝑠𝑜𝑙𝑖𝑑 )𝑒 (−𝐴𝛽⁄𝑚̇𝑎𝑖𝑟)

eq. (4)

3.2.4. Empirical information
The heat exchangers level of accuracy depends on the calibration process done prior to
simulations. Both the thermal performance and the pressure drop calculation are based on
performance maps. These maps are previously obtained from a more advanced model, or
alternatively, from experimental tests. The calibration used is scalable and can be used between
heat exchangers with similar geometry and configuration.
3.3.

Minor Components

In addition to the most important components other devices such as valves, ducts, tanks, sensors,
and controllers are also included in the libraries. The models for the minor components have been
presented in a previous work (Ablanque et al., 2019), where more details can be found.

4. SYSTEMS
Several difficulties appear when complex systems are numerically solved. The complications
increase when some specific characteristics are present such as closed loops, and the use of
fluids with different phenomena, such as the phase changes in the refrigerant or the humidity in the
air. In addition to many other aspects that require special attention, namely, the initialization
stability of the system, the strategy to reach a steady-state operating point, the flow at low mass
flow rate conditions, and the management of the system refrigerant charge. These aspects have
been worked to perform the system simulation. For example to facilitate the resolution of
components during the initialization both homotopy transformations (Casella, 2011) and dynamic
relaxation of certain variables were implemented inside the different models. More details of how
these aspects were tackled can be found in Ablanque et al. (2019).

5. RESULTS
The air conditioning system presented in section 2 and detailed in section 3 has been assembled
using the Dymola/Modelica simulation environment and the recently developed libraries. A
comprehensive study has been carried out in order to test the system numerical robustness and
computational time at different operating conditions. The system graphical scheme is shown in
Figure 1 (right) where the two main fluid closed circuits are observed. On the one hand, the liquid
circuit is composed of two heat exchangers, one centrifugal pump, a tank, and a regulation valve.
The liquid mass flow rate is managed through both the valve level of contraction and the pump
working speed. The role of the liquid-to-air heat exchanger (recirculation heat exchanger, RECHX)
is to cool down the cabin, which is in turn characterized with the air flow operating conditions.
Water condensation is considered in the aforementioned heat exchanger model. On the other
hand, the VCS which is made up of two heat exchangers, an centrifugal compressor, two valves,
four ducting tubes and a reservoir located between the condenser and the main expansion valve.
The VCS role is to extract heat from the evaporator and eject it on the environment. The
environment is characterized with the condenser air flow operating conditions. The VCS
performance can be regulated either by modifying the by-pass valve opening degree or by
reducing/incrementing the compressor working speed. The evaporator, which is shared by both
circuits, sucks heat from the liquid loop. The VCS is self-regulated as its operating point is
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controlled by the expansion valve whose level of aperture is determined by the super heating
degree at the evaporator outlet. The focus of this work is given to the liquid cooled air heat
exchanger for aircraft application, where the water condensation on the airside is of importance to
characterize the performance. For this reason, in sections 5.1 and 5.2 several tests have been
performed in order to visualize the heat exchanger and the system response for different humidity
ratios (x1, x2 and x3). The system variables shown in the results section include three different
dimensionless values, namely, the heat extracted by RECHX, its sensible heat factor (SHF), and
the VCS coefficient of performance (COP). The dimensionless values shown in the results are
calculated with equation (5), using a specific reference case for each results section. Depending on
the case, different variables can be shown.
𝑄∗ = 𝑄𝑅𝐸𝐶𝐻𝑋 ⁄𝑄𝑅𝐸𝐹
5.1.

𝑆𝐻𝐹 = 𝑄𝑠 ⁄𝑄𝑅𝐸𝐶𝐻𝑋

𝐶𝑂𝑃∗ = 𝐶𝑂𝑃⁄𝐶𝑂𝑃𝑅𝐸𝐹

𝑚̇∗ = 𝑚̇⁄𝑚̇𝑅𝐸𝐹

eq. (5)

The Moist Air-Liquid Heat Exchanger Calibration

Some numerical procedures have been performed by the authors in order to calibrate the
numerical model developed for the RECHX. The calibration process required a great effort and is
briefly below. The initial numerical outcomes were compared to the data obtained from a more
advanced model, showing coherent results but with important different. The impact of several
aspects was investigated, including the flow configuration and the humidity ratio effects. From the
study carried out, a calibration has been generated that takes into account these aspects. In
addition, it has been implemented in the simplified model developed. A full set of steady-state
simulations has been conducted for different flow rates to validate the moist air-liquid heat
exchanger. Each simulation (test) has a different combination of mass flow rate between both
fluids. And they have been carried out for three different humidity ratios. The reference case was
defined using the test number 31, where: the cabin return air temperature of 29 ºC, the liquid inlet
temperature of 0 ºC, the dimensionless mass flow rate for the liquid and the air are 1.0 and 3.2,
respectively, and a defined mass flow rate compressor working frequency.. The dimensionless
mass flow rates in the liquid side were in the range of (0.2 to 1.6), and for the air side were in the
range of (0.8 to 3.2). A comparison between the numerical and the data obtained from a more
advanced model has been carried out for the different combination of mass flow rate and humidity
ratios considered. Fig. 2 shows the heat extracted by RECHX and its sensible heat factor for the
different tests. In general, good agreement can be appreciated between the results obtained from a
more advanced model and the numerical results. It can be observed that the heat extracted by the
RECHX is increased as a consequence of the increase in the mass flow rate. It is also appreciated
that with increase of the humidity ratio the amount of the heat extracted is greater. To produce
these studies 52 steady-state simulations were carried out for each humidity ratio.

Figure 2: The moist air-liquid heat exchanger validation. On the left, the heat extracted (Q*); on the
right, the sensible heat factor (SHF)

5.2.

Steady-State Simulations
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Steady-state simulations were conducted to analyze the effect of the cabin return air temperature,
the environment air temperature, and the VCS compressor working frequency in the air cooling
system. These variables were modified over a wide range starting from a reference case defined in
the following way: cabin return air temperature of 28 ºC, environment air temperature of 35 ºC, a
defined compressor working frequency, and a specific humidity ratio (x1). Fig. 3 shows the system
response according to the cabin return air temperature value for different humidity ratios (x1, x2
and x3). In Fig. 3 (left), it is observed that the rise in the cabin return air temperature increase the
heat extracted by the RECHX. It is also appreciated that with increase of the humidity ratio the
amount of the heat extracted is greater. Another interesting variable to show is the sensible heat
factor of the RECHX for the different cabin return air temperatures considered (Fig. 3 (right)). It can
be observed the portion of the total cooling capacity that is providing by the dehumidification for the
different tests. Fig. 3 (right) also shows that the portions of heat extracted by dehumidification are
more significant for the lower cabin return air temperature. This is due to the lower wall
temperature in the moist air side.

Figure 3: Cabin return air temperature effect (Tenv =35 ºC). On the left, the heat
on the right, the sensible heat factor (SHF)

extracted (Q*);

The influence of increasing the environment temperature is shown in Fig. 4. In this case the VCS
high pressure must increase to enable heat rejection to the ambient. Therefore, the overall cooling
power decreases as shown in Fig. 4 (left). As in the previous cases, there is also an increase in the
heat extracted by the RECHX for a higher humidity ratio. The compressor power consumption
grows and the VCS coefficient of performance deteriorates as shown in Fig. 4 (right).

Figure 4: Environment air temperature effect (Tcabin =28 ºC). On the left, the heat
the right, the VCS coefficient of performance (COP)

extracted (Q*); on

Fig. 5 shows the system behavior as the compressor frequency is increased. In this case, the
increase of the compressor frequency causes the heat extracted by the RECHX and the power
consumption to increase. Although the heat extracted in the evaporator increases, it is a lower rate
that the power consumption, so that the coefficient of performance is reduced as is shown in Fig. 5

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2612

(right). To produce these studies more than 45 steady-state simulations were carried out. The
computational time for each particular test ranged between 6 and 10 seconds. The time values
mentioned in this document stand for the CPU time for integration provided by Dymola (version
17). The specifications of the PC used to run all cases presented herein are: Intel(R) Core (TM) i52540M CPU @ 2.60GHz with 8192MB RAM.
5.3.

Transient Simulations

In this section an illustrative test of the air cooling system response to several changes of the
operating conditions is detailed with the aim of showing the flexibility of the simulation model
developed. The system transient behavior has been studied for a period of 1800 seconds and has
been subjected to multiple adjustments/events at different moments of the simulation.

Figure 5: Compressor working frequency effect (Tenv =35 ºC, Tcabinr =28 ºC). On the left, the heat
extracted (Q*); on the right, the VCS coefficient of performance (COP)

The system events sequence is listed as follows: (1) system is initialized from guessed values; (2)
at 200 seconds: system reaches steady-state; (3) at 300 seconds: the environment temperature is
suddenly reduced from 35 ºC to 30 ºC; (4) at 500 seconds: the environment temperature is
suddenly increased from 30 ºC to 35 ºC; (5) at 700 seconds: compressor frequency is reduced
(75% of the initial working frequency); (6) at 900 seconds: the VCS by-pass valve is opened up to
a certain degree; (7) at 1200 seconds: the cabin return temperature is increased from 28 ºC to 32
ºC, (8) at 1400 seconds: the cabin return temperature is reduced from 32 ºC to 28 ºC, (9) at 1600
seconds: the cabin return temperature is increased from 28 ºC to 32 ºC.

Figure 6: Transient evolution of: on the left, the total, sensible and latent heat
the right, the VCS coefficient of performance (COP)

extracted (Q*); on

The complete simulation took about 18 seconds and the evolution of the total, sensible and latent
heat extracted by the RECHX, and the VCS coefficient of performance are plotted in Fig. 6. These
variables were modified from a reference state that is selected when the system reaches steady-
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state (at 250 seconds) defined in the following way: cabin return air temperature of 28 ºC,
environment air temperature of 35 ºC, a defined compressor working frequency, and a specific
humidity ratio (x2). This humidity ratio has been selected in order to appreciate the importance of
the dehumidification on the airside to characterize the performance. In Fig. 6 it is observed how the
system initializes from unreal values and reaches the steady-state condition after about 200
seconds. At 300 seconds, the environment temperature is reduced, the heat extracted by the
RECHX and the VCS coefficient of performance are increased. At 500 seconds, the environment
temperature is increased to the initial temperature. In this case, the heat extracted by the RECHX
and the VCS coefficient are reduced while the RECHX outlet air temperature grow accordingly. At
700 seconds, when the compressor working frequency is decreased, the mass flow rate in the
VCS system is reduced together with the heat extracted by the RECHX. In addition, the VCS
coefficient of performance is increased. At 900 seconds, the opening of the by-pass valve in the
VCS system conducts to a recover the mass flow rate. However, the cooling capacity of the VCS is
degraded. At 1200 seconds, the cabin return temperature is increased from 28 ºC to 32 ºC. As a
result, the heat extracted by the RECHX and the VCS coefficient of performance are increased.
Also, the portion of heat extracted by dehumidification is reduced. The following changes lead to
previously commented situations.

6. CONCLUSIONS
The focus of the present work was to develop a robust and accurate simplified model to simulate
air cooling systems, specifically models for heat exchangers under the Modelica platform. A liquid
cooled air heat exchanger composed of three models (liquid flow, solid and a moist air flow) has
been developed. A data obtained with more detailed models were used to calibrate and validate
the heat exchanger. Different results of the heat exchanger are shown, such as the heat extracted
by the RECHX and its sensible heat factor, where the numerical results presents a good
agreement against the data obtained from a more advanced model for both dry air and wet air
cases. The model has been extensively tested to ensure the aforementioned capacities. The air
cooling system presented in this work has shown to consume low computational time for steadystate simulations. For instance, the time needed to predict the steady-state of the system
configuration studied in the present work was less than 10 second. The air cooling system has
been satisfactorily tested at demanding transient conditions including several changes of the
operating conditions. The computational time for the transient case was about 18 second. The
models developed and used in the air cooling system are ready to study cases during short or long
periods of time due to the robustness and it low calculation time. According to the results, the
capabilities of the heat exchanger model developed have been demonstrated, allowing the use of
this model for prediction purposes of liquid cooled air heat exchangers in an aircraft application.
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NOMENCLATURE
𝐴
area
ℎ𝑓𝑔
latent heat vaporization of water
𝑄
heat transfer
𝑤
humidity ratio
Subscripts
𝑎𝑖𝑟
air
𝑖𝑛
inlet
𝑠𝑎𝑡
saturated

𝐶
𝑚̇
𝑇
𝜀

lowest capacity rate
mass flow rate
temperature
efficiency

𝑓𝑙𝑢𝑖𝑑 liquid
𝑜𝑢𝑡
outlet
𝑠𝑜𝑙𝑖𝑑 solid between the fluids
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ABSTRACT
A multitude of different figures exist that can be used to assess energy efficiency in refrigerating
systems. However, most of these figures are only applicable to standardized test conditions. German
specification VDMA 24247-7 offers an efficiency metrics aimed specifically at the evaluation of
energy efficiency of refrigerating systems under real operating conditions. So far, experience with
this metrics mainly stems from investigations on a laboratory scale. Little has been published on its
applicability to more complex real-world refrigerating systems. Therefore, several field sites have
been prepared for closer investigation. The field sites are introduced in a compact form. Preliminary
results are shown. Results obtained so far lead to the conclusion that an assessment of energy
efficiency of more complex systems only based on the whole system alone might not be enough.
For an improved metrics, these user experiences are fed to the committee revising the VDMA
specification.
Keywords: Refrigeration, TCOP, VDMA 24247, Energy Efficiency, Monitoring, Field Sites,
Supermarket, Cafeteria, Laboratory

1. INTRODUCTION
According to a study by the Research Council for Refrigeration Technology (Forschungsrat
Kältetechnik, 2011), refrigeration accounts for approximately 14 % of the total electrical end energy
use in Germany. In its position paper on the contribution of refrigerating and air conditioning systems
to climate protection (Forschungsrat Kältetechnik, 2008), the Research Council for Refrigeration
Technology estimated potential energy savings of 40 % until 2020 if accompanying political
measures are taken. This energy savings potential was confirmed in a superseding position paper
(Forschungsrat Kältetechnik, 2012). The German government (2007) adopted an energy and climate
programme with 29 key elements which is presented in more detail in a report of the Federal Ministry
of Economic Affairs and Energy as well as the Federal Ministry of the Environment, Nature
Conservation and Nuclear Safety (2007). Among these key elements are several which can be
regarded as relevant for the refrigeration sector, for example the introduction of modern energy
management systems, support programmes for climate protection and energy efficiency, energyefficient products as well as the reduction of emissions of fluorinated greenhouse gases.
In order to tap the full savings potential mentioned above, a suitable metrics is needed which enables
owners and operators respectively to assess the energy efficiency of existing refrigerating systems
during operation.
A multitude of different figures exist that can be used to assess energy efficiency. However, most of
these figures are only applicable to standardized test conditions (q.v. Becker (2008) as well as
Köberle and Becker (2013)).
The German Mechanical Engineering Industry Association (Verband Deutscher Maschinen- und
Anlagenbau e.V., VDMA) tries to address these issues with several measures. Among them is the
publication of German specification VDMA 24247 (2011) which deals with energy efficiency of
refrigerating systems and comprises eight parts.
VDMA 24247-7 (2011) offers an efficiency metrics aimed specifically at the evaluation of energy
efficiency of refrigerating systems under real operating conditions.
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Eight years later, still only little is known about the applicability of VDMA 24247 to real-world
refrigerating systems and published results are scarce. Cheung and Braun (2014) use process
efficiencies as introduced in VDMA 24247-2 (2011) in a modified method to study the performance
of residential heat pump systems. Köberle and Becker (2011) applied the methodology of VDMA
24247-7 (2011) to two chillers – one was an experimental setup in a laboratory. Nothing could be
found about the applicability of aforementioned method to direct refrigerant cooling applications as
found in commercial refrigeration, e.g. supermarket refrigeration.
Hence, the methodology of VDMA 24247-7 (2011) will be presented in the next section. Afterwards,
field sites available for the experimental investigation and preliminary results from first
measurements will be shown. At the end, first conclusions are drawn and relevant next actions are
highlighted.

2. METHODOLOGY
VDMA 24247-7 (2011) recommends to establish a continuous monitoring with a suitable data
acquisition strategy and an adequate energy management concept. Besides general
recommendations for improved control and operation of refrigerating systems, three different
balancing boundaries for the assessment of energy efficiency under operating conditions are given
(shown in figure 1). The innermost boundary (I) is drawn around the refrigerant circuit with
compressors and heat exchangers. Auxiliary devices like oil sump heating, control, and defrost
systems should also be included within this boundary. In order to balance according to balancing
boundary II, the heat sink has to be added to the evaluated components. Finally, the complete
system with all its components is assessed within balancing boundary III. This balancing concept of
VDMA 24247-7 (2011) is also described in the report of Becker et al. (2017).
Having chosen a desired balancing boundary, energy efficiency can be described by the Total
Coefficient of Performance (TCOP) or the Total Energy Performance Factor (TEPF), which are used
as key performance indicators and defined as given below.
𝑇𝐶𝑂𝑃 =

𝑄̇ 𝑜,𝑏𝑎𝑙𝑎𝑛𝑐𝑖𝑛𝑔 𝑏𝑜𝑢𝑛𝑑𝑎𝑟𝑦
∑ 𝑃𝑒𝑙,𝑖

𝑇𝐸𝑃𝐹 =

𝑄̇ 𝑜,𝑏𝑎𝑙𝑎𝑛𝑐𝑖𝑛𝑔 𝑏𝑜𝑢𝑛𝑑𝑎𝑟𝑦∗𝑡
∑ 𝑃𝑒𝑙,𝑖 ∗𝑡𝑖

(Eq. 1)

=

𝑡
1

∫𝑡 2 𝑄̇ 𝑜,𝑏𝑎𝑙𝑎𝑛𝑐𝑖𝑛𝑔 𝑏𝑜𝑢𝑛𝑑𝑎𝑟𝑦 𝑑𝑡
𝑡
1

∑𝑖(∫𝑡 2 𝑃𝑒𝑙,𝑖 𝑑𝑡𝑖 )

(Eq. 2)

where Q0, balancing boundary is the usable cooling capacity and Pel,i is the total electric power consumption.
Dai et al. (2001), Liu et al. (2006), Li et al. (2012) and Abdel-Salam et al. (2013), to name just a few,
deal with dessicant cooling and use TCOP as an acronym for Thermal Coefficient of Performance
which is defined as usable cooling capacity divided by thermal energy input to the system. Yang et
al. (2012) investigated the performance of a transcritical carbon dioxide two-stage compression cycle
and used TCOP to abbreviate two-stage compression at optimal intermediate pressure. In this paper,
solely the definition according to VDMA 24247-7 (2011) shown above is used and must not be
mistaken with any of the other definitions.
VDMA 24247-7 (2011) does not specify closer how usable cooling capacity or electrical power
consumption have to be determined. These values can be measured directly – an approach which
is often not possible due to the absence of a mass flow sensor in most commercial refrigerating
systems – or they can be deduced from several available indirect methods, which have also been
presented further by Becker et al. (2017).
Köberle and Becker (2011) used the methodology of VDMA 24247-7 (2011) to investigate energy
efficiency of two chillers. In order to find out more about the applicability of this method to direct
refrigerant cooling applications, several new field sites have been equipped with sensors.
In the next section, each system that is meanwhile available for further investigation will be presented
in compact form.
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Figure 1: Balancing boundaries I, II and III (taken from VDMA 24247-7 (2011) with English
translations added and original German text given in brackets).

3. FIELD SITES
Four different refrigerating systems – one small laboratory system with freely controllable boundary
conditions and three real-world systems of different sizes under regular operating conditions as
requested by the customer – have been prepared so that energy efficiency of refrigerating systems
can be investigated further. The purpose of this paper is to provide an introductory first glance of the
entirety of systems and the preliminary results obtained so far. For the laboratory-scale refrigerating
system, a detailed presentation can be found in the report of Becker et al. (2017). For the additional
three field sites, a more detailed presentation will follow.
As can be seen, field sites range from a basic system configuration to complex ones. The
refrigerating system installed in the laboratory at Biberach University of Applied Sciences starts with
the most basic system. It consists of one compressor, one condenser, an electronic expansion valve
and one evaporator installed inside a walk-in cooler. Furthermore, the system is equipped with a
vast number of sensors for measuring temperature and pressure as well as refrigerant mass flow
and electrical power. Due to the basic system configuration, no schematic is shown in this case.
Instead, the reader is referred to the report of Becker et al. (2017) for more details, e.g. on data
acquisition.
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Figure 2: Simplified schematic diagram of a cafeteria low temperature refrigerating system.

The first real-world refrigerating system with regular operating conditions is shown in Fig. 2.
It is a low temperature refrigerating system of a cafeteria. This setup differs from the laboratory
system primarily in the number of evaporators and the sizing of the components. In this system,
there are two walk-in coolers with one evaporator in each of the boxes.
Fig. 3 shows a medium temperature refrigerating system of the same cafeteria with three walk-in
coolers and a parallel rack of three compressors instead of only one single compressor as in the first
two systems. The dotted line leads to several small cooling cabinets which are not monitored.
Therefore, only balancing boundaries I and II according to VDMA 24247-7 (2011) can be used in
this case.
Each of these first three systems is equipped with a permanently installed Coriolis flow meter so that
refrigerant mass flow can be measured directly.
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Figure 4: Simplified schematic diagram of a supermarket refrigerating system
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The last and most complex refrigerating system is a commercial refrigeration system in a
supermarket in Germany (Fig. 4). Two parallel racks for medium temperature (MT) refrigeration
(R134a as refrigerant) and one parallel rack for low temperature (LT) refrigeration (subcritical
process with carbon dioxide as refrigerant) provide cooling to more than 30 cabinets and walk-in
coolers, with a total of more than 100 evaporators installed. Here, refrigerant mass flow can only be
measured directly with a temporarily available clamp-on ultrasonic flow meter.

4. PRELIMINARY RESULTS
Preliminary results from the supermarket refrigerating system are shown in the figure below. TCOP
has been calculated for balancing boundary I in each case using an indirect method based on
compressor polynomials over a period of 24 hours. Since the chosen method may lead to
unrealistically large values for TCOP when the load increases significantly and suddenly, startup
processes of compressor 1 of MT rack 1 (load change from 0 % to more than 90 % max.) have been
filtered out. 34 values (appr. 2 % of the observed values) are concerned. No filtering was applied to
MT rack 2 and the LT rack due to different control strategies of these racks.
TCOP values of the subsystems (LT rack, MT 1 and MT 2 racks) are calculated according to equation
1 in section 2. In this balancing boundary, only electric power consumption of the compressors is
used. Additional components like heaters, defrost systems etc. have not been taken into
consideration so far. TCOPI of the whole system (consisting of the low temperature rack and the two
medium temperature racks) is calculated by summing up the cooling capacities of the subsystems
and dividing this total capacity by the sum of the electric power consumption of each subsystem.

Figure 5: TCOP of the supermarket refrigerating system from an indirect calculation method for
balancing boundary I

A graphical representation of both the whole system and the subsystems is given in figure 4. From
a first glance at the top left diagram, one could assume that the whole system is running within
acceptable conditions due to only minor fluctuations in the calculated TCOP. However, having a
second glance at the TCOP values of the subsystems in the other diagrams of figure 4, one can see
that there is a drop in the TCOP of medium temperature parallel rack 2 (bottom left) during the middle
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of the night while at the same time TCOP of the LT rack (bottom right) rises to values of up to 7. MT
rack 1 (top right) shows a characteristic during this time similar to its daytime behaviour. The two
racks have a common condenser but different suction line temperatures due to different evaporation
temperatures caused by the required temperature of the content of the cabinets.
These peculiar values must be investigated further and possible causes must be identified. The
observed behaviour leads to the hypothesis that an assessment of energy efficiency based on only
the whole system might not be enough.

5. CONCLUSIONS
An interesting mix of field sites of different sizes could be found for the planned investigations. The
commissioning of the additional data acquisition systems in the presented field sites has shown that
a precise measurement of electrical power is of vital importance. However, existing data acquisition
is often not sufficient and upgrading these systems is constrained by various factors, e.g. limited
available space in electrical enclosures for additional transformers for current sensing or large cablecross sections. Thus, upgrading electrical power measurement was a challenge in nearly each field
site. First results are promising, e.g. in terms of the applicability of indirect methods and the resulting
calculation effort. TCOPs for balancing boundary I could be analysed for three of the four
refrigerating systems and have been shown for the supermarket refrigerating system.
One relevant next action is the calculation of TCOPs for the remaining balancing boundaries in order
to find out more about the applicability of the balancing concept presented in VDMA 24247-7.
Furthermore, alternative indirect methods must be tested. These indirect methods will be compared
to results from direct measurements which serve as a reference.
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ABSTRACT
Fouling is a permanent problem in process technology and is estimated to cost 0.25% of the gross
national product. Evaporative cooling systems, which are often used in refrigeration systems to
dissipate condenser heat to the environment, are also susceptible to fouling: as they work with
untreated outside air, they are exposed to both natural (e.g. pollen) and human-made (e.g. industrial
dust) contaminants. Also suspended solid particles and dissolved salts in the spray water are an
issue
Since hardly any congruent data on the quantitative influence of fouling on the thermal performance
of cooling towers (CT) are available, Fraunhofer ISE conducted a corresponding series of tests. For
this purpose, a closed CT was tested under a variety of operating conditions and with different
calcification conditions of the tube bundle. For the evaluation of the results, a graphical and a modelbased method were compared, of which the latter turned out to be more suitable. With an average
scaling thickness of around 1mm on the tube bundle, the reduction in performance is approx. 15%.
Keywords: Fouling, Scaling, Closed Cooling Tower, Performance, Heat Transfer Rate, Fouling
Resistance.

1. INTRODUCTION
Fouling is a permanent problem in process engineering and is estimated to cost 0.25% of GDP due
to oversizing, downtime and increased energy consumption (Heat Exchanger Fouling and Cleaning
2018). Evaporative cooling systems, which are frequently used in refrigeration systems and industry
processes to dissipate condenser or waste heat to the environment, are also subject to fouling: due
to contaminants in the ambient air (e.g. dust, pollen, etc.) as well as suspended and diluted solids in
the spray water. In the following we evaluate wether a detection of fouling based on its impact on the
thermal performance is possible. We concentrate on closed-type cooling towers, i.e. cooling circuits
decoupled by heat exchangers and separate spray circuits.
In literature little reliable and congruent data on the influence of air-side fouling on the performance
of closed cooling towers are available. While (Qureshi und Zubair 2005) Qureshi reports a
performance decrease of ~5% for a scaling thickness of 0.1mm on the air-side of the tube bundle,
(Hartvig 2015) claims it to be around 30% under these conditions. Therefore we carry out a test
series with fouling (scaling) in a small cooling tower unit and measured the increase of the lime layer
on the tube bundle as well as the resulting performance decrease.
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2. METHODOLOGY
2.1. Description of the Experimental Setup
In order to evaluate the influence of fouling on thermal performance, a closed cooling tower is
continuously measured during operation on a test rig. It is a market-available Gohl VK8/5
(specifications see Table 1). On the cooling fluid side, the volume flow can be varied up to approx.
5300l/h and the inlet temperature into the cooling tower up to approx. 60°C. On the air side, the
cooling tower is supplied with ambient air, i.e. temperature and humidity cannot be influenced.
However, the cooling tower fan can be controlled via a frequency converter in the range from 20%
to 100%. The spray pump can be switched on or off but not controlled. Figure 1 shows a scheme of
the setup.
Table 1. Characteristics of the investigated cooling tower and the heat exchanger installed therein

Description

Unit

Value

Description

Unit

Value

Nominal capacity

kWth

35

Vertical passes

-

18

Fan electric power

kWel

1.5

Horizontal tubes

-

10

kWel

0.7

Tube distance
horizontal/vertical

mm

30

m³/h

5350

Tube diameter

mm

26.3

Spray pump
electric power
Nominal air volume
flow rate

Figure 1: Scheme of the cooling tower test setup including sensor positions

The installed sensors record 1-minute values. The measuring points are located in the cooling circuit
(input/output temperature and volume flow), the supply air conditions (temperature, humidity,
pressure) as well as the operating status of the spray pump (on/off) and the electrical power
consumption of the fan are also measured. The most important technical data of the measurement
technology are listed in Table 2.
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Table 2. Description of measuring points; * (sensor + data acquisition)

Quantity

Type of sensor

Max. error

Resolution

Dry bulb temperature

Combinded T/HProbe (Pt100 +
capacitive sensor)

+/- (0.3K + 0.3K)*

0.02K

T_db

+/- (2% + 0.3%)*

0.02%

rH

Piezoresistive
pressure sensor

+/- (1hPa +
0.5hPa)*
+/- 0.05K

Relative humidity
Air pressure
Temperature cooling
fluid (in/out)
Volume flow cooling
fluid

Pt100, 4-wire
magnetic-inductive

Fan electric power

+/- (0.5% +
0.3%)*
+/- 1.5%

0.04hPa

Short name

p_a
T_cf_in/out

0.005K

Vdot_cf

0.1l/h

P_el_fan

10mW

The blowdown control is based on the conductivity via a measuring device from Dr. Hartmann
Chemietechnik. This also continuously records the pH value and the redox potential. To control
biological growth, biocide is regularly added to the spray water. Naturally, the requirements of the
latest German Federal Emissions Control Regulation are also complied with.
2.2 Description of the Test Procedure
2.1.1. Characterization in unpolluted conditions
At the beginning of the measurement campaign, the cooling tower was tested under a number of
operating conditions without fouling, in order to record the clean characteristics as reference.
Therefore softened water was used in wet operation. The following parameters were varied.
Table 3: Set values for cooling water inlet temperature and volume flow as well as the fan signal
during measurements in the unpolluted as-delivered condition; the reference conditions are
highlighted (described in chapter 2.2.2)

Mode of operation

Water inlet
temperature [°C]

Dry

30, 33, 36, 39

Wet

2.2.2

20, 23 27, 30, 33, 36

Cooling water volume
flow [l/h]

Fan signal [%]

3200, 4200, 5200

25, 50, 75, 100

3200, 4200, 5200

25, 50, 75, 100

Tests with scaled tube bundle

Following the measurements in the unpolluted state, the cooling tower was put into continuous
operation. City water at ~12°dH and a thickening of 4 were chosen initially used for the spray water.
Since the growth of scaling was slower than expected, higher thickening and addition of sodium
hydrogen carbonate and calcium chloride solution to the makeup water were later experimented
with.
To check the thermal performance in wet operation with a graphical method presented in (Fugmann
et al. 2015), a reference measuring sequence was run twice a week, which was also measured in
the unpolluted state (30°C water inlet temperature, 4200l/h cooling water volume flow, all 4 fan
stages). In addition, a reference sequence (39°C water inlet temperature, 4200l/h cooling water
volume flow, all 4 fan stages) was measured once a week in dry operation.
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3. RESULTS AND INTERPRETATION
3.1 Description of Operating Period
Measurements were carried out during approximately one year, from September 2017 until
September 2018, with short downtimes due to modifications in the setup or annual closing. Initially
the cooling fluid loop was operated with pure water as heat transfer medium. In the end of November
2017 it was replaced by a glycol mixture for frost protection. After a leakage in June 2018 water was
used as heat transfer fluid again.
During the test period the thickness of the scaling layer was measured after every reference
sequence in wet operation (twice weekly, see 2.2.2). The results of four tubes at the top of the bundle
(accessible via a service hatch at the side of the cooling tower housing, counting from the top) and
the average over all ten tubes at the bottom (accessible via a second service hatch) are plotted in
the following Fig. 2. Fig. 3 shows photos of the top tubes at different stages of scaling.

Figure 2: Thickness measurement at 4 tubes at top and all bottom tubes (averaged)

Figure 3: Top tubes after measurements with softened water (left) and after 1 (middle) and 12 (right)
months of operation with hard water, respectively
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3.2 RESULTS FOR DRY OPERATION

T_db

T_cf_in

P_el_fan

Vdot_cf

Flow rate [l/h] / Electricity consumption [W]

Fig. 4 shows the data recorded at different sensors during the initial (unpolluted) measurements in
dry operation. The four fan speeds are clearly visible by the step-shaped profile of the fan electricity
consumption (green line). The ambient temperature (blue line) shows the expected daily fluctuations,
jumps are due to interruptions in operation or filtered, strongly unstationary operation. The set values
for the cooling water are kept stable by the test setup.
The evaluation of the data showed that the ambient temperature sensor was initially not sufficiently
shielded against radiation influences. Therefore, measurement data during sunshine hours were
filtered out and the sensor was equipped with a ventilated radiation shield for the subsequent
measurements. Clearly unsteady operating states due to setpoint changes were also removed from
the data. For the ambient temperature and the cooling water inlet temperature, the standard
deviation is calculated over three successive values and measured values that are above twice the
mean standard deviation are filtered out. After this processing, 2340 1-minute values remain.

Figure 4: Measured values of ambient and cooling water inlet temperature (T_db / T_cf_in), fan
current consumption (P_el_fan) and cooling water volume flow (Vdot_dc) over the entire
measurement time with dry operation; minutely values, only periods with measurement operation are
shown

Figure 5: Correlation between fan electricity consumption and cooling effectiveness under clean
(blue) and scaled (red) conditions
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The method presented by (Fugmann et al. 2015) was used for an initial evaluation of the
measurement data quality. Accordingly, for air-water heat exchangers with forced air flow, a defined
relationship between achievable cooling effectiveness (=benefit) and required fan power (=cost) can
be expected, independently of the absolute operating conditions (in particular air and water
temperatures, provided that the volume flow on the water side is constant). For polluted/fouled heat
exchangers a decrease in cooling effectiveness can be expected. Fig. 5 shows this correlation for
the measurements with 4200l/h cooling water volume flow under clean conditions (blue), in the
beginning of the measurement campaign, and during the last month of tests, with the scaled tube
bundle (red).
Contrarily to the expectations, no decrease of the cooling effectiveness (shift to the left) can be
observed. However the electricity consumption of the fan is lower at the end of the measurement
period, presumably because the increased pressure drop leads to a reduced air flow rate.
Therefore, in the next step a simple calculation model for dry and wet coolers based on (Stabat and
Marchio, 2004) was calibrated using the data measured under clean conditions. The air volume flow,
which is not measured but required for the model, is calculated from the control signal for the fan
frequency converter and the nominal air volume flow from the data sheet, assuming a linear
correlation. As shown in figure 6, 95% of the calculated values show a relative deviation from the
measured values of less than 10% (min: -16%, max. +17%). When the model is run with data of the
last month of the tests (scaled tube bundle), it significantly overestimates the thermal capacity.
Evidently this deviation corresponds to the capacity decrease due to fouling. The fact that the
deviation correlates to the fan speed under scaled conditions (right figure) suggests, that the
assumption of a linear function between fan signal and air flow rate is deficient.

Figure 6: Left: Comparison of calculated and measured thermal power in dry mode under clean (blue)
and scaled (red) conditions; right: relative deviation as a function of the fan signal under scaled
conditions

3.2 RESULTS FOR WET OPERATION
Data for operation periods with water and brine have to be evaluated separately. Therefore, in a first
step the influence of maximum scaling at the end of the test period in comparison to a clean tube
bundle is studied. The data with water as cooling fluid are used therefore. In a second step the trend
of the performance change is shown based on the data with brine as cooling fluid, as they are
continuous over a period of 7 months.
3.2.1 Difference between clean and maximum scaled tube bundle
Fig. 7 again shows the selected measured values of the characterization under clean conditions in
wet operation. The wet bulb temperature (T_wb), which now represents the cooling limit temperature,
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T_wb

T_cf_in

P_el_fan

Vdot_cf

Flow rate [l/h] / Electricity consumption [W]

replaces the dry bulb temperature (T_db) shown for the dry measurements. Again the presented
data is filtered for quasi-stationary values, as described above.

Figure 7: Measured values of wet bulb and cooling water inlet temperature (T_wb / T_cf_in), fan
current consumption (P_el_fan) and cooling water volume flow (Vdot_cf) over the entire
measurement time with wet operation; minute values, only periods with measurement operation are
shown

This data was then used to calibrate the cooling tower mode. In order to reduce the error in
determining the air flow rate, it is now determined as a function of the fan electricity consumption.
Compared to the dry measurements, the scattering is somewhat greater (see Fig. 8, min: -23%, max:
+33%). However, the deviation of the calculated values from the measured values is below 10% in
over 99% of cases. One possible reason for this better result compared to dry operation is the larger
database used for calibration (8365 versus 2340 values).

Figure 8: Left: Comparison of calculated and measured thermal power in wet mode under clean
(blue) and scaled (red) conditions; right: relative deviation of the thermal power as a function of the
fan signal under clean conditions.

When the model is run with the data of the scaled cooling tower, analogously to the results in dry
operation, there is a decrease in thermal power compared to the values forcasted with the clean
model by approximately 12%. Under clean conditions the scattering of the deviation between
measured and calculated thermal power ist rather independent of the fan speed. For the scaled
data, deviations at the lowest fan speed stand out.
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3.2.2 Influence of scaling during continuous operation
Finally the model is calibrated with the initial measurement data after switching to brine as heat
transfer fluid. Then it is run with all the measured data in this configuration. Figure 9 shows the
resulting performance decrease in correlation to the measured scaling thickness at the tube bundle
(normalized to zero thickness at the beginning). In both graphs a performance reduction with
increasing scaling layer thickness can be identified. Yet it is strongly superposed by fluctuations
which suggest the need for additional data preparation and/or a refined model.

Figure 9: Correlation between thickness of the scaling layer on the top (left) / bottom (right) tubes
and the decrease in thermal power (positive value means measured power decrease compared to
model)

3. CONCLUSIONS
At Fraunhofer ISE, a closed cooling tower was operated and measured over a period of several
months in order to investigate the influence of typical crystallization fouling (scaling) on the heat
transfer performance. After a characterisation of the unpolluted cooling tower at the beginning of the
test period, it was purposely operated with calcium carbonate-containing water up to a thickness of
~0.6mm and 1.6mm (bottom and top tubes, respectively) on the tube bundle.
The model-based evaluation showed that this scaling layer reduced the thermal power by around
15% in both wet and dry operation. This value is well below the figures published in the literature.
The graphical evaluation method according to (Fugmann et al. 2015), on the other hand, has proved
to be unreliable. The detection of fouling due to performance decrease by continuous monitoring
seem possible based on the test rig data. Yet, the current results suggest the need for improved data
processing and/or refining the cooling tower model. Taking into account additional data, such as
water consumption, can also help clarify the results.
In a next step this approach will be applied to measurement data from the field and extended to other
evaporative cooling systems. If necessary, the operation monitoring can also be extended to other
operating parameters.
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ABSTRACT
The performance of CO2 transcritical cycles is widely affected by the heat rejection temperature
due to its low critical temperature. Due to this, basic cycles are modified by adding new
configurations and components that increase their complexity and cost. Blends of CO2 with other
fluids as hydrocarbons, can improve the performance of these cycles by increasing their critical
point and latent heat while reducing the working pressure of the compressor. Accordingly, the aim
of this communication is to show the energy benefits obtained with a theoretical non-flammability
blend of CO2/R1270 (91/9% by mass) when it is tested in a beverage cooler system adapted for
CO2. Using a transcritical basic cycle with an IHX and one expansion-stage, the energy savings
obtained with the new bled, maintaining an average can temperature of 3.3ºC, are 10.3% at the
climate conditions of 25ºC and 60% of RH (class 3).
Keywords: Zeotropic Mixture, Carbon Dioxide, Commercial Refrigerator, COP, Low-GWP, R1270,
Refrigerating System, Transcritical Cycle.

1. INTRODUCTION
The Worldwide extended prohibitions about using fluorinated gases in commercial and domestic
refrigeration have been the principal starting point of the progressive increase in the use of natural
refrigerants as hydrocarbons (HCs) and carbon dioxide (CO2). Despite their excellent
thermophysical properties and economical costs, natural refrigerants have intrinsic drawbacks that
must be solved when they are used in a refrigeration facility (Elbel et al., 2017). Thus, flammability
(HCs), high working pressure (CO2) and low critical temperature (CO2) are the most relevant
issues that affect, respectively, the maximum refrigerant mass charge (IIR, 2017), the design of the
components (DeAngelis and Hrnjak, 2005) and the energy performance of the refrigerating facility,
especially in warm climates (Cecchinato and Corradi, 2011; Sánchez et al. 2018). Stand-alone
refrigeration units are one of the most affected by these challenges due to their low manufacturing
cost and their relative high replacement rate. At present, commercial plug-in systems with a
refrigerant mass charge between 150 and 1000 g use basically R134a or R404A as refrigerants,
with a GWP higher than the values allowed by the F-Gas regulation (EU Nº 517/2014). For these
units, CO2 seems to be the unique long-term solution if the hydrocarbon limits are not raised.
However, the use of CO2 increases the manufacturing complexity as well as the total cost of the
refrigerating plant in order to be energy competitive with the current artificial refrigerants.
As a simple solution, some researchers proposed the use of refrigerant mixtures of CO2 and lowGWP refrigerants (hydrocarbons or HFCs) with the goal of obtaining a hybrid refrigerant which
minimizes the main problems stressed above. Hence, authors as Niu and Zhang (2007), Kim et al.
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(2008), Zhang et al. (2013), Zhang et al. (2017a), Ju et al. (2018), Yu et al. (2018) have analyzed
the use of zeotropic blends with propane (R290) for cascade systems, heat pumps and automobile
air conditioning. Similarly, Sarkar and Bhattacharyya (2009) studied the use of butane (R600) and
isobutane (R600a), Cox et al. (2008) proposed the use of HFC-R41 for a near-azeotropic
refrigerant blend, and Zhang et al. (2017b) investigated about using DME (dimethyl-ether) as
binary mixture. Others authors, such as Di Nicola et al. (2011) and Dai et al. (2015), studied
several binary blends of CO2 for their use as low-temperature working fluids in cascade systems
and in heat pump applications, respectively. In all cases, the mass rate of both fluids (expressed as
% of mass) is optimized for a specific application attending to the maximization of the COP.
Benefits of carbon dioxide blends are promising since they increase the critical point, reduce the
high operation pressure of the CO2 system, improve the energy efficiency and minimize (or
remove) the flammability of the blend maintaining a low GWP value (Dai et al., 2015). However,
most of them are zeotropic with a non-negligible glide which difficults the design of the heat
exchangers as well as the expansion systems. On the other hand, there is no data neither
information about their security classification or chemical interaction between components.
In this work, the preliminary energy improvements reached using the virtually non-flammable
binary mixture of CO2 and propylene (R1270), are presented and discussed. The mixture of
R744/R1270 (91/9% by mass) has been tested in a CO2 beverage cooler when it is tested at the
climate conditions of 25ºC and 60% RH and maintaining an average temperature of 3.3ºC in 15
test cans placed inside. The results obtained with a slight-optimized system, show an energy
reduction of 10.3% with regard to pure CO2 working in a base-cycle with IHX.

2. TEST BENCH AND EXPERIMENTAL METHODOLOGY
2.1.

Refrigerant Blend

As was stated before, the proper blend selection depends on the application and it is each time
optimized to maximize the COP of the cycle. However, some other aspects should be taken into
account if the mixture is devoted to replace pure-CO2 in commercial applications. At first, nonflammable condition is mandatory to avoid refrigerant mass charge limitations. Secondly, the value
of GWP100 should be kept below 150 in order to be consistent with the current regulations. And
finally, the glide of the new mixture should be “acceptable” (for example, below 10 K) in order to
make easier the design of the refrigerating cycle. As can be show in Table 1, carbon dioxide and
propylene are ultra-low-GWP refrigerants, so their blends, regardless the composition, will be
always lower than 2. Therefore, these mixtures will be accepted by the current regulations.
Regarding the flammability, carbon dioxide is classified by ASHRAE standard 34 as A1 while the
hydrocarbon propylene, is labeled as A3. A mixture of both can provide blends with flammable
conditions, so it is necessary to determine the maximum mass of propylene that can be mixed with
carbon dioxide to ensure non-flammability. Kondo et al. (2006) defined the Fuel Inertization Point
(FIP) as the point on the envelope of flammable region in the triangular system of fuel-air-diluent
which defines the maximum ratio of fuel to diluent concentration that never gives flammable
mixtures whatever the amount of air is added to or subtracted from the mixture. At this point, the
upper and lower flammability limit mixture becomes coincident, so it is possible to determine which
the maximum propylene concentration is in the blend R744/R1270 that ensures non-flammability.
Using the data presented at the Table 1 and the expressions adjusted by Kondo et al. (2006), the
maximum percentage in mass of propylene in the mixture is 9%. Finally, the total glide of the
mixture depends on the operating conditions of the refrigerating facility. Assuming an evaporating
temperature of -8ºC and a condensing temperature of 28ºC, values of glide (ΔTGL) are 4.2 K and
2.6 K, respectively, assuming a vapor quality of 0.5 according to the assumptions presented by
Radermarcher and Hwang (2005). Table 2 includes the critical temperature and pressure (Tcrit)
(Pcrit), the latent heat (λ), the volumetric capacity (qV), the molar weight (MW) and the pressure
levels (P) of R744, R1270 and the blend R744/R1270 (“Blend”) at the temperatures of -8ºC and
28ºC. All thermophysical properties are obtained using the software REFPROP v.9.1.
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Table 1. Refrigerant properties. Part I

GWP100
1
2
1.09

R744
R1270
Blend

R744
R1270
Blend

MW
(g/mol)
44.0
42.1
43.8

Tcrit
(ºC)
31.0
91.1
38.1

(1)

LFL (vol%)
2.16
-

(1)

IPCC (2014)

UFL (vol%)
11
-

Table 2. Refrigerant properties. Part II

Pcrit
(bar)
73.8
45.6
76.5

PK (x=0.5)
(bar)
68.9
12.4
61.5

PO (x=0.5)
(bar)
28.0
4.6
25.4

qV
(kJ/m3)
19216.0
3782.5
17422.0

λO
(kJ/kg)
253.4
389.4
266.8

λK
(kJ/kg)
91.6
329.0
138.0

Comparing pure CO2 with the blend of R1270, the use of the zeotropic mixture increases the latent
heat of evaporation 5.3% and enhances the critical temperature up to 7.1ºC. In terms of pressure
levels, the mixture reduces the high-side and the low-side pressure up to 7.4 bar and up to 2.7 bar,
respectively. However, the pressure ratio is almost similar presenting a slight reduction of 1.8%.
Regarding the latent heat of condensation, the use of propylene increases this value up to 50.7%
which is determinant in the design of the heat exchanger used as condenser or gas-cooler,
depending on the working conditions.
2.2.

Experimental Test Bench

To perform the energy analysis a commercial beverage cooler adapted for CO2 has been used.
This stand-alone unit is 620 (L) x 2000 (H) x 655 (D) mm with an inner capacity of 440 liters and a
glass door at the front. The system is equipped with a temperature controller that maintains the
indoor air temperature at 1ºC using and ON/OFF control. The controller also manages the
defrosting process which is performed each 8 hours with hot gas until the temperature at the
evaporator surface reaches 5ºC.
The schematic diagram of the refrigeration cycle is depicted in Fig.1. Starting from the compressor
suction port, the vapor is compressed by a hermetic compressor (A) with a cubic capacity of 1.1
cm3 running at 50 Hz (~2900 rpm). The compressor uses DAPHNE PZ68S as lubricant and is
cooled by the gas-cooler/condenser air fan (D). From the discharge point, the refrigerant is cooling
down by a wire-on-tube heat exchanger (B) positioned vertical with natural convection. This heat
exchanger has an inner heat transfer area of 0.185 m2 with a tube diameter of 3.5 mm (id). After
that, the refrigerant is cooled again with a fined-tube heat exchanger (C) installed at the bottom of
the unit with forced convection by means of an air-fan that also cools down the compressor. The
inner heat transfer area of this heat exchanger is 0.089 m2 with a tube diameter of 6.5 mm (id). The
refrigerant at the exit of the condenser/gas-cooler runs through the Coriolis mass flow meter (D) to
a counter-current IHX (E) with a heat transfer area of 0.01 m2 and an outer/inner diameter tube of
11.1/8.0 mm. To make easier the experimental tests, a micrometer needle valve (F) has been used
as expansion device. The expanded refrigerant goes into the fined-tube evaporator (G) installed
inside the beverage cooler with an inner heat transfer area of 0.186 m2 with a tube diameter of 7
mm (id). Finally, the vapor from evaporator is superheated by the IHX before entering the
compressor.
All the pipe-lines, excepting the discharge one, are insulated with a foam with an average thermal
conductivity of 0.036 W/m·K. The ambient test conditions are maintained with a climatic chamber
of 31.5 m3 where temperature and relative humidity are kept at 25 °C ± 0.4 °C and 60% ± 5%,
respectively (class 3 according to UNE-EN ISO 23953-2:2005+Amd.1:2012)
The system is fully instrumented with 10 T-thermocouples with an uncertainty of ±0.5 K, 2 pressure
transducers with range of 0-160 bar and uncertainty of ±0.48bar placed at the high side pressure, 2
pressure transducers with range of 0-60 bar and uncertainty of ±0.18bar placed at the low side
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pressure, 1 relative humidity transducer with a measurement error of ±2% RH, a digital power
meter with an uncertainty of ±0.5% and a Coriolis mass flow meter placed at the liquid line with an
uncertainty of ±0.1%. Moreover, 15 test cans have been placed inside the unit distributed in 3
heights. These test cans are made with a mixture of water/propylene-glycol 67/33% by volume and
have an immersion T-Thermocouple placed inside. All data are gathered by a DAQ-system each 5
seconds and stored in a computer. Fig. 1 shows the location of all transducers. Excepting the test
cans, all temperature sensors are placed on the pipes and are insulated from the environment with
the foam indicated above.

Figure 1: Schematic diagram of the refrigeration facility

2.3.

Test Methodology

2.3.1. Reference parameters
As previously mentioned, the ambient conditions have been fixed to 25ºC and 60% of RH, which
correspond to class 3 according to the ISO23953. The inner temperature of the unit is modified to
obtain an average can temperature of 3.3ºC by changing the set point of the temperature
controller. Finally, the superheat at the evaporator was maintained below 4K by changing the
position of the micrometer needle valve. Table 3 summarizes the average and the standard
deviations of the reference parameters during the 10-h tests.
Table 3. Reference Parameters

R744
Blend

RHcham (%)

Tcham (ºC)

Tavg can (ºC)

58.72 ± 3.53
58.91 ± 3.15

24.94 ± 0.44
25.09 ± 0.39

3.37 ± 0.58
3.15 ± 0.25

2.3.2. Mass charge process
The mass charge process was started at 400 g for CO2 and 300 g for the zeotropic mixture with
increments of ~20 g. In both cases, the charge has been carried out with liquid phase to maintain
the blend composition. After each charge, the unit has been left running for 1 hour modifying the
micrometer valve to adjust the average test can temperature and the superheat. Once it is
adjusted, the unit runs for at least 5 hours to determine the energy consumption. If the
consumption is lower than the previous one, a new mass charge is done. If not, the previous mass
introduced is used to perform the energy analysis. Using this methodology, the optimal mass
charge of CO2 was 482 g and that of the R744/R1270 blend was 400 g. Once the refrigerant mass
charge is adjusted, the experimental tests of pull-down and energy utilization are performed.
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2.3.3. Experimental tests
In beverage coolers two kinds of tests are performed: the pull-down test and the energy utilization
test. The pull-down test determines the time necessary to obtain a specified product temperature. It
aims to give us evidence about the speed of cooling starting from the same conditions. For this
test, the beverage cooler and the can tests were stabilized to the climatic chamber conditions
during 10 hours with the optimal mass charge and the optimal micrometer position determined in
section 2.3.2. After that, the door was closed and the unit was switched on during at least 6 hours.
If the pull-down test is ok, the energy utilization tests can be performed. In this case the beverage
cooler is running at least 10 hours at the same conditions stated before maintaining the
temperature of the product. The energy utilization tests include the defrosting periods.
2.3.4. Energy consumption
For the comparison between pure CO2 and the mixture of CO2 and propylene, an energy
evaluation was implemented considering the energy consumption of the whole system excluding
the data acquisition system and transducers. This energy consumption includes the compressor,
the evaporator and condenser air-fans, the controller and the external/internal LED lights of the
unit. Eq. (1) determines the energy consumption of the whole system during a specific time-range
test where P is the power consumption and j represents each sampled data.

E=
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P
'
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#
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·
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17#

0 1 20 13#
,

· t j −t j−1

Eq. (1)

3. EXPERIMENTAL RESULTS
3.1.

Pull-down test

Fig.2 graphically presents the average temperature of cans with regard to the time of operation.
Taking into account the target temperature of 3.3ºC, the time and the trend of the pull-down is
similar for both refrigerants. Moreover, if the energy consumption of the pull-down test is obtained
with the Eq. (1) at the time of 300 min, the results from pure CO2 and the blend are quite similar.

Figure 2: Pull-down test
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3.2.

Energy utilization test

3.2.1. Temperature and pressure Indicators
Table 4 gathers the representative temperatures and pressures of the refrigerating cycle including
the discharge (Pdis) and the suction pressure (Psuc), the condensation (Tk) and evaporating (Tev)
temperatures obtained with the average pressure at the high and low side, the discharge
temperature (Tdis) and the useful superheat (SH). The data is presented as an average value
during the 10-h test when the compressor is running. Table 3 also includes the standard deviation
obtained in the same period of time.

R744
Blend

PO (bar)
28.51 ± 0.87
26.63 ± 0.56

Table 4. Temperature and Pressure indicators

TO (ºC)
-7.44 ± 1.09
-7.38 ± 0.77

PK (bar)
73.53 ± 1.16
61.40 ± 0.87

TK (ºC)
30.53 ± 0.50
26.77 ± 0.66

Tdis (ºC)
70.07 ± 2.59
64.54 ± 2.50

SH (K)
3.55 ± 1.86
5.78 ± 1.83

As it is shown in the latter table, the use of the mixture R744/R1270 reduces the high rejection
pressure in 12.13 bar and the evaporation level in 1.88 bar, resulting in a reduction of 10.6% in the
pressure ratio. Regarding the phase-change temperatures, both refrigerants have similar
evaporating levels but different condensing ones. CO2 performs higher condensation level than the
zeotropic mixture. These results could be further improved increasing the heat transfer area of the
condenser. Finally, the discharge temperature for pure CO2 is +5.53K higher than the zeotropic
mixture due to the high pressure ratio of CO2.
3.2.2. Power consumption, energy consumption and compressor duty cycle
As mentioned in Subsection 2.3.3, the active elements of the unit are the compressor, the air-fans,
the temperature controller and the LED lights of the unit. The controller and LED lights are always
running whatever the conditions of the refrigerating unit are. The average power consumption of
both is 18.41 W. The evaporator air-fan, the compressor and the condenser air-fan, are switch
on/off according to the inner temperature. All of them are switched off during a defrosting process
excepting the evaporator air-fan which is running until the temperature at the evaporator surface
reaches 5 ºC. The average power consumption of each air-fan is 30.42 W. Finally, the power
consumption of the compressor represents the largest portion of the beverage electrical power.
Table 5 reports the average value for the power consumption and its standard deviation, as well as
the energy consumption of the beverage cooler (E) during 10 hours and the compressor duty cycle
(Dcomp).
Table 5. Electrical power, energu consumption and compressor duty cycle

R744
Blend

𝐏𝐞𝐥𝐞𝐜 (W)

𝐄 (kW·h)

Dcomp (-)

332.79 ± 2.67
295.87 ± 2.70

1.91
1.71

58.5 %
58.6 %

From the results presented in Table 5 it can be affirmed that compressor duty cycle is similar in
both refrigerants, but the electrical power consumed by the blend is about 11% lower than pureCO2. This effect reduces the energy consumption of the refrigerating plant up to 10.3%.

4. CONCLUSIONS
In this work an energy comparison between pure-CO2 an alternative low-GWP blend is
experimentally analyzed and discussed. The new zeotropic mixture of CO2 and propylene has
been tested in a stand-alone refrigeration facility designed for CO2 at the ambient conditions of
25ºC and 60% RH. The slight-optimized results show energy savings of 10.3% maintaining a
temperature target of 3.3ºC in 15 test cans placed inside the unit.
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ABSTRACT
This paper presents a theoretical and experimental comparison between the performance of
isobutane (R600a) and n-butane (R600) for a built-in household refrigerator. Energy consumption
tests were performed at two ambient temperatures (16°C and 32°C) and two thermostat positions
(hot and cold). Second law efficiency was used to evaluate the performance inventory for both
fluids under different system configurations. Results have shown an overall energy consumption
saving up to 14% when a system originally designed to run on isobutane is optimized to run on nbutane. It was observed that due to its lower volumic refrigerant effect, the application of n-butane
is beneficial for low thermal load systems such as small household refrigerators required to comply
with new energy consumption policies.
Keywords: Butane, Hermetic Compressor, Household Refrigerator, R600, R600a, Variable Speed.

1. INTRODUCTION
A household refrigerator is typically composed of thermally insulated cabinets used to store frozen
and fresh goods. A vapour-compression refrigeration loop is responsible for keeping the
compartments at desired temperature. Although the energy consumption of a single household
refrigerator is low, these systems consume a large amount of energy since hundreds of millions
are currently in use and their thermodynamic efficiency is intrinsic low, typically around 20% of
Carnot's COP (Negrão and Hermes, 2011). Such appliances respond for approximately 6% of total
electrical energy produced worldwide (Melo and Silva, 2010). For this reason, international policy
makers are constantly pushing appliance manufacturers to increase the efficiency of the
refrigeration units. During last decades, efficiency regulations have been constantly updated to
keep pace with advancing technology. As a result, refrigerators energy consumption in the USA
market decreased by 50% in the last 25 years. The average energy efficiency level of refrigerators
sold in China has been upgraded by around 42% between 1999 and 2013 (AHAM, 2015). In the
European market, a typical 330 L fridge-freezer energy consumption dropped by 72% in the last 16
years (Straub, 2018). These improvements were only possible due to the application of state of art
technology such as high efficiency variable speed compressor, vacuum insulation panels and
alternative refrigeration cycles such as dual evaporator systems.
In addition to efficiency standards, appliance manufacturers are also challenged to comply with
environmental regulations such as recent hydrofluorocarbon (HFC) phase-down. Natural low GWP
refrigerants such as hydrocarbons (HC) are not affected by phase-down policies and their use is
expected to increase exponentially. Therefore, it is important to understand how to select the
suitable natural refrigerant for each application in order to address the current high standards for
energy efficiency.
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For this reason, this paper presents a theoretical and experimental comparison between the
performance of n-butane (R600) and isobutane (R600a) refrigerants for a built-in household
refrigerator. A semi-empirical mathematical model was put forward to predict system energy
consumption and its second law efficiency for different system configurations.

2. EXPERIMENTAL WORK
2.1. Refrigeration Circuit
Tests were performed with a typical built-in household fridge originally designed to run on
isobutane (R600a) as a working fluid. The refrigeration circuit (Fig. 1a) was comprised of a variable
speed 5 cm3 displacement hermetic reciprocating compressor. A natural draft plate-type roll-bond
heat exchanger was used as an evaporator while a natural draft wire-on-tube heat exchanger was
used as a condenser. Suction (point 1) and discharge (point 2) pressures were measured by
strain-gage absolute pressure transducers with a measurement uncertainty of 0.1% of the full
scale. In addition, suction and discharge temperatures were measured by T-type thermocouples
(±0.2°C uncertainty) both installed at 100 mm from compressor shell. Additional T-type
thermocouples were used to measure the refrigerant temperature at condenser inlet (point 3),
condenser outlet (point 4), capillary tube inlet (point 5), evaporator inlet (point 6), and evaporator
outlet (point 7).
Environment

4

Wooden box

3

Fridge

Condenser
Tff.1

5
2
9

Tff.2
Natural draft

Expansion
Device

Compressor

CT-SL HX

Tff.3

1
8

Tff.4

Evaporator
6

7

Fresh-food

(a)

(b)

Figure 1: (a) Refrigeration circuit and (b) built-in test bench

The fresh-food compartment temperature was measured by four T-type thermocouples placed in
cabinet shelves (Fig. 1b). The refrigerator was mounted inside a wooden box and placed in an
environmental chamber with controlled air temperature (±0.5°C uncertainty) and relative humidity
(±2.7% uncertainty). The chamber temperature was measured by 4 T-type thermocouples installed
around the wooden box. System power consumption was measured by a digital power analyzer
with an uncertainty of 0.1% of the full scale.
2.2. Experimental Procedure
Energy consumption tests were performed at two ambient temperatures (16°C and 32°C) and two
thermostat positions (hot and cold) in accordance with IEC62552-3/2015. The energy consumption
was computed by integrating the overall power consumption during running time. For each ambient
temperature, all relevant variables (e.g.: energy consumption, running time ratio, evaporating and
condensing pressures) were computed at a reference value of Tff = 4°C by a linear interpolation
between results gathered at each thermostat position (hot and cold). The overall energy
consumption result was then computed as an average between results gathered at 16°C and
32°C. Additional tests were performed to investigate the influence of (i) compressor speed, (ii)
refrigerant fluid (n-butane or isobutane) and (iii) evaporator overall heat transfer coefficient. The
test matrix is presented on Table 1.
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Table 1. Test matrix

Run
1
2
3
4
5
6
7
8

Tamb [°C]
16
32
16
32
16
32
16
32

Ncomp [RPM]
1300
1300
950
950
950
950
950
950

Refrigerant
isobutane
isobutane
isobutane
isobutane
n-butane
n-butane
n-butane
n-butane

Evap. Fan [Y/N]
No
No
No
No
No
No
Yes
Yes

3. MATHEMATICAL MODEL
A semi-empirical steady-state mathematical model was put forward to assess the performance of
typical household built-in refrigerator. The model consists on first principle algebraic equations
adjusted with experimental data to the system under investigation. The formulation for the vapour
compression model follows closely that proposed by Hermes et al. (2009). The model was used to
perform a loss inventory for the baseline system in order to identify what are the main parameters
which depreciate system performance. In addition, the model was used to investigate the influence
of compressor speed, refrigerant fluid and heat exchangers overall heat transfer coefficient on the
system performance represented here by its second law efficiency as show on Eq. (1).
=

Eq.(1)

The coefficient of performance of the actual system, COPactual [-], was defined as the ratio between
W , and the system power consumption,
W , as shown on Eq.(2).
the cooling capacity,
=

Eq.(2)

3.1. Vapor Compression System Model
The refrigeration system was divided into four component sub-models: (i) compressor, (ii) capillary
tube-suction line heat exchanger (CT-SL HX), (iii) condenser and (iv) evaporator (Hermes et al.,
2009). The simulation model was devised assuming that the refrigeration system operates at
steady-state conditions while the effect of thermostat is accounted for by the compressor running
time ratio (ratio between total thermal load and cooling capacity) assessed by a global energy
balance in the compartment. The components sub-models are presented as follows:
3.1.1. Reciprocating compressor
The main compressor parameters to be assessed by the sub-model are compressor mass flow
rate,
[kg·s-1] and power consumption k [W]. The former is calculated as follows:
=

Eq. (3)
!

where Vk [m3] is the compressor displacement, N [s-1] the compressor frequency, v1 [m3·kg-1] the
refrigerant specific volume at compressor suction line evaluated at evaporating pressure pev [Pa]
and suction line temperature T1 [°C]. The volumetric efficiency [-], is expressed by a polynomial
equation whose coefficients were fitted to the manufacturer calorimeter test data.
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Compressor power consumption can be computed as a function of compressor specific isentropic
work " = ℎ − ℎ! [J·kg-1], mass flow rate and compressor overall efficiency % [-] (which accounts
for thermodynamic, mechanical and motor efficiencies):
&ℎ

=

− ℎ! '

+ )* &+ − +

,- '

Eq. (4)

where ℎ! J·kg-1] and ℎ [J·kg-1] are, respectively, the refrigerant specific enthalpies at the
beginning and at the end of the isentropic compression process, )* [W·°C-1] the compressor shell
overall heat transfer coefficient, T2 [°C] the refrigerant temperature at compressor discharge line
and Tamb[°C] the climate test ambient temperature.
3.1.2. Capillary tube suction-line heat exchanger
An overall energy balance in the capillary tube suction line heat exchanger (CT-SL HX) provides
an expression for the refrigerant specific enthalpy at evaporator inlet ℎ. [J·kg-1].
ℎ. = ℎ/ − &ℎ! − ℎ0 '

Eq. (5)

where ℎ0 [J·kg-1] is the specific enthalpy of refrigerant at capillary tube inlet, assessed by discharge
pressure 1 [Pa] and refrigerant temperature at capillary tube inlet +0 = + − ∆+ - . The sub
cooling degree, ∆Tsub [°C], was measured during the baseline energy consumption tests and kept
constant during all simulations. In a similar way, ℎ/ [J·kg-1], the specific enthalpy of refrigerant at
evaporator outlet was computed considering the evaporating pressure 1 [Pa] and refrigerant
temperature at evaporator outlet +/ = + + ∆+ 3 . Tev [°C] is the evaporating temperature and the
superheating degree, ∆Tsup [°C], was measured during the baseline energy consumption tests and
kept constant during all simulations. Finally, the specific enthalpy at compressor inlet was
evaluated considering the evaporating pressure and the refrigerant temperature at compressor
suction line (point 1 – Fig. 1). The CT-SL HX effectiveness 4567 [-], calibrated during baseline
energy consumption, was used to calculate the refrigerant temperature at compressor suction line
T1 [°C] as follows:
+! = 4567 +0 + &1 − 4567 '+/

Eq. (6)

3.1.3. Heat exchangers: condenser and evaporator
Both condenser and evaporator are natural-draft heat exchangers. The heat exchangers
mathematical model was based on mass and energy conservation principles applied to refrigerant
and air side. The mathematical model was devised in a way that the heat exchangers overall heat
transfer coefficients (UA) could be calibrated based on experimental measurements gathered
when the energy consumption test was carried out. The heat rejected by the condenser was
computed as follows:
=

&ℎ9 − ℎ: ' = )* &+;< − +=>? '

Eq. (7)

where ℎ9 [J·kg-1] and ℎ: [J·kg-1] are, respectively, the specific enthalpies at condenser inlet and
outlet. Specific enthalpy at condenser outlet is assessed using the temperature at condenser outlet
T4 = Tcd - ∆Tsub. During model calibration, the specific enthalpy at condenser inlet ℎ9 [J·kg-1] was
computed by considering the pressure and temperature measurements at condenser inlet. In a
similar way, the heat absorbed by the evaporator (a.k.a. cooling capacity) was computed from
mass and energy balances on the refrigerant side as follows:
=

&ℎ/ − ℎ. ' = )* &+@@ − +AB '

Eq. (8)

Where ℎ. [J·kg-1] and ℎ/ [J·kg-1] are respectively the specific enthalpies at the evaporator inlet and
outlet. The specific enthalpy at evaporator outlet is assessed considering temperature at
evaporator outlet T7 = Tev + ∆Tsup, where Tev[°C] is the evaporating temperature and ∆Tsup the
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superheating degree. The specific enthalpy at evaporator inlet, ℎ. [J·kg-1], was computed based on
the energy and mass balance on the CT- SL HX as shown on the previous section. Equations (3)
and (5) can be combined to equation (8) in order to derive empirical values to the overall heat
transfer coefficient, UAAB [W·°C-1].

4. RESULTS AND DISCUSSION
The mathematical model was used to assess the performance inventory of the refrigeration unit
when moving from an ideal reverse Carnot cycle configuration to the actual baseline system
running with R600a. For each case, the second law efficiency was evaluated considering the
following assumptions:
i. Carnot cycle (TH,carnot = 305.15 K and TC,carnot = 277.15 K)
ii. Internally reversible system’s COP (TH = TH,carnot + 15 K and TC = TC,carnot - 12 K)
iii. Reverse Rankine cycle (Tcd = 47°C, Tev = -8°C, ∆Tsub = 0°C, ∆Tsup = 0°C, s6 = s5, T1 = Tev).
iv. Non-isentropic compression ( % = 0.68)
v. Isenthalpic expansion (h6 = h5)
vi. Actual baseline system with non-adiabatic capillary tube (4567 = 0.83'
The evaporating and condensing temperatures, the refrigerant temperature at compressor suction
line, the compressor efficiency and the internal heat exchanger effectiveness were all evaluated
considering the average tests results gathered during the experimental investigation (run 2 on
Table 1). As one can see on Fig. 2, the adoption of a natural draft plate-type roll-bond heat
exchanger as an evaporator and a natural draft wire-on-tube heat exchanger as a condenser led to
a relevant temperature difference on both heat exchangers (∆Tcd = 15°C and ∆Tev = 12°C). As a
consequence, the second law efficiency dropped to 49% of its ideal value when the actual heat
exchangers were taken into account. Additional efficiency cutback was also observed when
= 0.26) and
considering the reverse Rankine cycle (
= 0.39), non-isentropic compression (
isenthalpic expansion (
= 0.25). It is worth to mention that the increase in the second law
efficiency when the internal heat exchanger is applied (
= 0.26) was caused by the additional
cooling capacity due to the reduction in the refrigerant specific enthalpy at evaporator inlet caused
by the non-adiabatic expansion.

Second law efficency [-]

1.2
1.00
1.0
0.8
0.6

0.49
0.39

0.4

0.26

0.25

0.26

iv

v

vi

0.2
0.0
i

ii

iii

Figure 2: System performance inventory

In order to recovery system efficiency, it is important to understand how each system configuration
parameter affects the system performance. As shown on Fig. 2, the most relevant irreversibility on
the actual system is caused by the temperature differences on the heat exchangers. In general,
there are basically four main parameters that can affect the temperature difference between the
hot and cold side heat exchangers during compressor operation: (i) compressor displacement, (ii)
compressor speed, (iii) refrigerant and (iv) heat exchanger overall heat transfer coefficient. The
influence of each parameter was evaluated as follows.
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Fig. 3a presents the influence of compressor speed on the evaporating and condensing
temperatures of the actual system running with both isobutane (R600a) and n-butane (R600). As
the compressor speed drops, the instantaneous cooling capacity, compressor power and heat
rejected by the condenser will decrease. As a consequence, the energy can now be transferred on
both heat exchangers over a longer period of time due to the increase in the compressor running
time ratio caused by the speed reduction. Assuming that the overall heat transfer coefficient of both
heat exchangers are unaffected by the compressor speed, the lower heat transfer rates can now
be accomplished by a lower temperature difference between the heat exchangers and the medium
from/to where it absorbs/releases energy, leading to an increase in the evaporating temperature
and a decrease in the condensing temperature.
System efficiency can be improved by decreasing compressor speed (or displacement) in order to
match system cooling capacity with its thermal load. This scenario would lead to the lowest
condensing temperature, the highest evaporating temperature and the highest system efficiency
considering no additional energy consumption devices (e.g. fans). In practice, however, it is not
possible to decrease compressor displacement and speed indefinitely. The first is typically limited
by the influence of piston-cylinder leakage on compressor volumetric efficiency while the later by
lubricating issues. Therefore, for very low thermal load systems (such as small household
refrigerators) even small displacement variable speed compressors running at minimum speed can
present excess of capacity (especially at Tamb = 16°C). In this scenario, the lower volumic cooling
capacity of butane refrigerant (approximately 30% lower than isobutane) can be used as an
alternative to a better matching between thermal load and cooling capacity for low thermal load
systems. Butane lower volumic cooling capacity has an effect similar to displacement or speed
reduction. It increases system running time ratio allowing an even lower temperature difference on
both heat exchangers. As a result, the system second law efficiency increases by approximately
3% when replacing isobutane (R600a) by butane (R600).
Another alternative to decrease the temperature difference between both heat exchangers is by
increasing condenser and evaporator overall heat transfer coefficients. This result can be
accomplished by both area or heat transfer coefficient increase (e.g. forced draft HXs). Fig. 3b
presents the influence of evaporator overall heat transfer coefficient on system energy
consumption. A similar behavior is observed for the influence of condenser overall heat transfer
coefficient on system energy consumption.
80
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Figure 3: (a) Effect of compressor speed and refrigerant on system performance and (b) effect of
UAev on system performance.

A set of tests (Table 1) was performed in order to validate the conclusions found during the
theoretical investigation. The experimental procedure was used to assess the influence of (i)
compressor speed, (ii) refrigerant (butane vs. isobutane), (iii) evaporator overall heat transfer
coefficient on system energy consumption (Fig. 4a) and running time ratio (Fig. 4b). As one can
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see on Fig. 4, when the compressor speed drops from 1300 RPM to 950 RPM, an energy
consumption saving about 3% and a RTR increase about 10% percentage points are observed,
confirming the predictions found during the theoretical investigation.
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Figure 4: (a) Energy consumption and (b) running time ratio

When running with butane, the lower system cooling capacity leads to an additional increase in
RTR (from 0.44 to 0.59). As a result, the temperature differences in the HXs drop, increasing
system second law efficiency resulting in an additional energy consumption reduction about 7%.
Finally, the effect of evaporator overall heat transfer coefficient was evaluated by adding a 0.5 W
fan to the fresh food compartment. Despite of fan energy consumption, the increase in the
evaporator overall heat transfer coefficient surpassed the drawback caused by the fan power
consumption. The net result was an energy saving about 4%. In total, an overall energy
consumption saving up to 14% was found.

5. CONCLUSIONS
This paper presented a theoretical and experimental analysis of the performance of a built-in
household refrigerator originally designed to run with isobutane as a working fluid. A mathematical
model was put forward to assess the system performance loss inventory as a function of different
system arrangements. It was found that system second law efficiency drops approximately by half
when actual natural draft heat exchangers (evaporator and condenser) are taken into account.
The mathematical model was then used to predict the influence of (i) compressor speed, (ii)
refrigerant (isobutane vs. butane) and (iii) heat exchangers overall heat transfer coefficient on the
evaporating and condensing temperatures and their impact on system performance. It was
observed that for low thermal load systems, even low displacement variable speed compressors
running at minimum speed may present excess cooling capacity. It was also stated that since
compressor speed and displacement cannot be reduced indefinitely, the choice of refrigerant must
be taken into account in order to better match system thermal load and compressor cooling
capacity. It was observed that due to its lower volumic refrigerant effect, butane refrigerant
becomes more suitable for lower thermal load systems such as small household refrigerators,
especially those to be tested at low ambient temperatures (Tamb = 16°C).
In order to validate the conclusions found during the theoretical investigation, EC tests were
performed at two ambient temperatures and two thermostat positions at different system
configurations. It was shown that an energy consumption saving about 7% can be achieved by
only replacing isobutane (R600a) by butane (R600) as working fluid for low thermal load
refrigerators where isobutane compressors present excess of capacity.
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NOMENCLATURE
Nomenclature
CT
capillary tube
COP coefficient of performance (-)
-1
EC
energy consumption (Wh·day )
HX
heat exchanger
-1
h
specific enthalpy (J·kg )
-1
mass flow rate (kg·s )
-1
N
compressor frequency (s )
p
pressure (Pa)
heat transfer rate (W)
RTR running time ratio (-)
SL
suction line
-1 -1
s
specific entropy (J·kg ·K )
T
temperature (°C)
t
time (s)
UA
overall heat transfer coefficient (W/°C)
3
V
compressor displacement (m )
3
-1
refrigerant specific volume (m ·kg )
-1
w
specific work (J·kg )
power (W)
Greek
efficiency (-)
difference
∆
effectiveness (-)
4

Subscripts
amb
ambient
C
cold
cd
condenser
ev
evaporator
ff
fresh-food compartment
g
global
H
hot
iHX
internal heat exchanger
k
compressor
on
compressor on time
off
compressor off time
s
isentropic
sys
system
sub
sub cooling
sup
superheating
v
volumetric
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ABSTRACT
In this work, a model to analyse a CO2 water/water heat pump for the generation of hot water is
described. Once the heat pump has been presented, the models employed to characterise the
different components of the system will be introduced paying special attention to the heat
exchangers modelling. Its originality resides in that the model is a cell-by-cell method which relies
in the iterative calculation of the heat transfer area of each cell. The model is validated with
experimental data. These models are included in several TRNSYS components which allow
dynamically simulating the heat pump and obtaining its seasonal performance. After presenting
these results, some conclusions are finally drawn.
Keywords: Refrigeration, Carbon Dioxide, Compressors, COP, Evaporators, Energy Efficiency.

1. INTRODUCTION
The use of heat pumps for domestic hot water generation has been the objective of several researchers
over the last years. The high COP makes them quite appealing as they are a competitive technology
when they are compared to conventional system even those including renewable energies. This work
is structured as follows. Firstly, the model proposed to characterise the heat pump is presented, after
that the model is integrated in a Trnsys model for a system for the generation of domestic hot water.
This is compared with a conventional system formed by a set of solar collectors assisted by a natural
gas heater. The comparison is done from the point of view of the primary energy consumption and de
CO2 emission. Some conclusions are finally drawn.

2. HEAT PUMP MODEL
The heat pump considered in this work corresponds to a transcritical cycle with CO 2 working as
refrigerant with a tank at mid pressure which allows vapour injection before the compressor inlet
(Fig. 1). A liquid-to-vapour heat exchanger let increase the subcooling/superheating if necessary.
The compressor is a Dorin CD 300H, the heat exchangers are Swep plate heat exchangers, the
evaporator is a BX8Tx26, the gas cooler is a B16Hx4, the liquid to vapour heat exchanger is a
B17Hx4, the back pressure and the thermostatic pressures are Carel electronic valves.
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(4)
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(9)
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(10)

(6)

(1)
(8)
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Figure 1: Schematic of the heat pump studied

The models adopted for each component is described in what follows. Firstly, the inlets and outlets
in each component have to be identified as they will condition the approach adopted for each
device.
In the compressor, the inputs are the suction and discharge pressures, the first one is imposed by
the evaporator and the second by the back pressure valve after the gas cooler. The inlet enthalpy
is also known. The outputs are the mass flow rate and the outlet enthalpy. Considering the AHRI
polynomials provided by the manufacturer mass flow rate and power supplied to the fluid may be
determined by means of
𝑦 = 𝐶1 + 𝐶2 · 𝑇) + 𝐶3 · 𝑃, + 𝐶4 · 𝑇). + 𝐶5 · 𝑇) · 𝑃0 + 𝐶6 · 𝑃0. + 𝐶7 · 𝑇34 + 𝐶8 · 𝑇). · 𝑃0
+ 𝐶9 · 𝑇) · 𝑃0. + 𝐶10 · 𝑃04

Eq. (1)

where 𝑇) is evaporation temperature (°C), 𝑃, is discharge pressure (bar), and the coefficients are
given in Table 1.
Table 1. Polynomial coefficient for characterisation of the compressor behaviour.

𝑚9 (kg/s)
𝑃 (W)
𝑚9 (kg/s)
𝑃 (W)

C1
0.0400442
-1904.943
C6
5.48E-07
-0.529691

C2
0.0011412
-77.20901
C7
0
-0.004792

C3
-0.000197
78.168193
C8
0
0.0052196

C4
1.08E-05
-1.032906
C9
0
-0.003218

C5
-1.76E-06
1.1945615
C10
0
0.0013893

this values are given at saturation, so they are density corrected by using
𝑚9
𝜌
= 1 + 0.75
−1
𝜌?@AB
𝑚9 :;<
𝑃
𝑃:;<

= 1 + 0.75

𝜌
𝜌?@AB

−1

Eq. (2)

Eq. (3)

so enthalpy at the outlet is determined by
𝑃
Eq. (4)
𝑚
The model used for the evaporator is that introduced in (García-Cascales et al., 2019), its inputs
are the inlet enthalpies of the fluids, inlet pressure of the secondary fluid, mass flow rates of the
fluids and the superheating. In this model, the heat exchangers are discretised into two parts, the
two-phase part and the single phase part. The two phase part is divided into N cells of equal quality
ℎ)E< = ℎFG +
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difference and the single phase part is divided into N cells of equal temperature difference.
Pressure at the inlet is initially assumed as the average value between a theoretical maximum
pressure corresponding to the saturation pressure at the secondary fluid inlet temperature (plow)
and an arbitrary low temperature (phigh).
Thus, with this pressure at the inlet and the inlet enthalpy, pressure drop is evaluated and therefore
outlet pressure and enthalpy considering that quality difference is known, thus the heat exchanged
in the cell is calculated. The outputs of each cells are the inlet of the following one. So, all variables
are evaluated at the nodes. Assuming that the heat absorbed by the refrigerant is the same as
that given by the secondary fluid, the temperatures (enthalpies) of the secondary fluid at the
different nodes are calculated. After this, the heat transfer coefficients are determined and the heat
transfer area is calculated (Acalculated) and compared with the actual one (A0), and finally refrigerant
pressure at the inlet is evaluated considering the following criterion
𝑝IF?I = 𝑝9F 𝑖𝑓 𝐴N > 𝐴,;P,EP;<QR
𝑝P)S = 𝑝9F 𝑖𝑓 𝐴N < 𝐴,;P,EP;<QR .
𝑝9F =

𝑝P)S + 𝑝IF?I
2

Eq. (5)
Eq. (6)

so the process is repeated until convergence is reached.
The liquid to vapour heat exchanger and the gas cooler are both single phase heat exchangers in
which the inputs are the inlet enthalpies, pressures and the mass flow rates of both fluids. In this
model, the hot fluid outlet temperature is assumed as the average value between the maximum
temperature (inlet temperature) and the minimum possible temperature (the cold fluid inlet
temperature). Following the methodology introduced in (Molina-Valverde, 2019) the enthalpy of
the hot fluid at the outlet is also determined (at the assumed outlet temperature), so the heat
exchanged in the heat exchanger can be evaluated. After dividing the exchanger into N elements
which exchange the same amount of heat, the pressure drop at each cell and the enthalpies at
each node at refrigerant side are calculated. Then, the secondary fluid enthalpy at each node can
be evaluated as well. As was did with the evaporator, the htc of each cell can be determined and
so the heat transfer area. Finally, the evaluated area is compared to the actual one and the outlet
enthalpy of the hot fluid is recalculated considering
ℎIF?I = 𝑝9F 𝑖𝑓 𝐴N < 𝐴,;P,EP;<QR
ℎP)S = 𝑝9F 𝑖𝑓 𝐴N > 𝐴,;P,EP;<QR .

Eq. (7)

ℎP)S + ℎIF?I
Eq. (8)
2
The rest of the elements composing the heat pump are easily determined. Pressure valves impose
the pressure at the gas cooler outlet and at the tank. The thermostatic expansion valve imposes
superheating.
The mass flow rates and enthalpies at the tank outlets are determined by means of a mass and
an energy balances, considering, that the enthalpy, pressure and mass flow rate at the tank inlet
are all known.
The heat transfer coefficients correlations used in the calculations presented in this work are
Cooper correlation (1984) for the two phase boiling htc and Bogaert and Bölcs (1995) for single
phase one.
The pressure drop correlations considered are Churchill correlation (1972) and Chisholm (1991)
for single and two phase flow respectively. All the models presented have been implemented in
different Trnsys17 components and linked to model the heat pump presented in Fig. 1.
ℎ9F =

3. HEAT PUMP MODEL VALIDATION
Several tests have been performed in a heat pump instrumented in our lab. The conditions of the
tests used here for validation are included in Table 2. The tests are defined by the temperature
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difference in the both cold and hot sinks, the gas cooler pressure and liquid receiver pressure.
Test
1
2
3
4
4
repeat.
6
7

Table 2. Tests considered in this study.

Tsec in
12
12
12
20
20

Tsec out
7
7
7
15
15

Tsec in
30
20
30
20
20

Tsec out
35
40
40
30
30

pgc in
75
80
80
80
80

ptank
45
45
45
45
45

12
12

7
7

20
30

30
40

80
80

45
45

In Fig. 3, the estimated values of the heating capacity, cooling capacity compressor power
consumption, and COP of the heat pump are represented against the experimental ones. In Figure
4, values provided be the model of the outlet temperature of the gas cooler, the evaporation
temperature, and the inlet pressure at the evaporator are compared with the experimental ones. All
predicted values are between the ±10% lines also depicted in these Figures. Only two values of the
COP show a difference a little bit greater than 10%. The results obtained are good enough and make
think that the model of the heat pump is suitable to be introduced in a more complex one that let us
model a domestic hot water system.
Qgc

9

Qe

Pc

COP

8

Qgc, Qe, Pc calculated (kW)

7
6
5
4
3
2
1
1

2

3

4

5

6

7

8

9

Qgc experiment (kW)
Figure 3: Comparison between the experimental values and calculated the calculated ones of the
heating capacity, Qgc, cooling capacity, Qe, the compressor consumption, Pc, and the COP
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Trgco

305

Tevap

prievap

4.9E+06

prei calculated (Pa)

300
295
290
285
280

3.9E+06
3.9E+06

275

275

280 285 290 295 300
Trgco, Tevap experiment (K)

305

4.4E+06
4.9E+06
pri experiment (Pa)

p

4.9E+06
4
3.9E+06
3
Figure 4: Comparison between the experimental values and the calculated ones of: Left: outltet
refrigerant temperature in the gas cooler, Trgco, and evaporation temperature, Tevap, right: inlet pressure
at the evaporator prievap

4.

DOMESTIC HOT WATER GENERATION SYSTEMS

The previous model is used to compare the consumption of a DHW system based on a heat pump
and an already conventional system based on thermal solar energy. Both systems are supported
by a natural gas heater. They have been designed to satisfy the needs of a single-family home. In
Figure 5, the system based on the CO2 heat pump modelled with Trnsys is depicted. In Figure 6
the system based on Solar Energy is displayed.

DHW Demand

Cold Water Temp

Type65c

MixDHW_CW

DHW Tank
Pump 2

Auxiliary Heater

DHW consumption

Units Changer
Units Changer-3
ControlGW

Heat Pump

Compressor
Type65d

Type25c

Grey Water Tank

Pump
Units1Changer-2

Figure 5: DHW system based on a heat pump assisted by an auxiliary heater
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Weather

Type65c

Type65d

Daily Integration-2

Solar Collectors

Pump

Daily Results-2

Daily load

Type65d-5

Control
Type65c-3
Auxiliary Heater
DHW Tank

Daily Integration

Daily Results

Type65c-2

agua de red-2

DHW Demand

Efficiencies
Totals

Simulation Integration

Figure 6: DHW system based on a solar system assisted by an auxiliary heater

The demand considered in this problem is that shown in Figure 7. This is an arbitrary distribution
considering Spanish standards. The temperature of drinking water coming from the network is that
in Fig. 8. The values in the Figure correspond to the uniform distribution considered by Trnsys in the
simulations which is obtained by means of the monthly average values registered for the Region of
Murcia, Spain.

l

Daily demand of DHW
50
45
40
35
30
25
20
15
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5
0

45 45

15 15
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6
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9

6

6

6

6

3

3

8

9 10 11 12 13 14 15 16 17 18 19 20 21 22 23 24

Time
Figure 7: Daily demand considered in the simulations
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Figure 8: Network water temperature in the Region of Murcia

Both systems have been studied for a whole year and have been compared in terms of primary
energy consumption and CO2 emissions. The indexes used to calculate the primary energy
consumed and the CO2 emissions produced by each system are those published by the Spanish
Ministry of Industry, Energy and Tourism in 2016 according to the yearly energy consumption of the
country. The coefficients are in Table 3. The results displayed in Figure 9 and 10 show that the
primary energy consumption and the CO2 emissions are greater in the case of the solar system and
the heat pump modelled in this study.
Table 3. Conversion factors for the calculation of primary energy consumption and CO2 emissions

Conventional electricity in the peninsula
Natural gas
CO2 coefficient for electricity
CO2 coefficient for natural gas
Heat pump

Energy consumption [kWh]

350

313.3

300

326.6
299.3

309.6

250
200

310.1

222.4
189.2

166.2

178.9

177.4

Conversion factors
2.368 kWh primary energy/kWh final
energy
1.195 kWh primary energy/kWh final
energy
0.28 kg CO2/kWh
0.22530522 kg CO2/kWh

Solar installation
290.6
224.7

292.5
223.0

292.0
218.9

291.7

317.8

316.1

333.1

218.2
183.1

180.3

182.4

150
100
50
0

Figure 9: Comparison between the primary energy consumed by the DHW installations
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Emissions (kg CO2/year)
800

696.2

700
600
500
400

313.8

300
200
100
0
Heat pump

Solar sytem

Figure 10: Annual CO2 emissions of the DHW installations

5.

CONCLUSIONS

In this work, a model to characterise the behaviour of a heat pump have been presented. This has been
programmed in fortran to create several Trnsys components which has allowed its validation against
some experimental values obtained in our lab. After, it has been used to model a heat pump for the
production of domestic hot water for a single-family home and compared to a conventional solar system.
The solutions studied consider a support heater to satisfy the demand whenever the heat pump or the
solar system are not capable. The results show that the heat pump system consumption in terms of
primary energy and the CO2 emissions are both greater in the case of the solar system. As final
conclusion, this contribution demonstrates that the heat pump for the production of DHW is a
competitive technology at least as far as the systems considered here is concerned.
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ABSTRACT
Energy efficient absorption chiller cooling assemblies (ACCA) ought to include active speed
control of pumps and fans and heat rejection devices as well. Three external circuit pumps can
be controlled actively to minimize auxiliary energy consumption. According to monitoring data
of a field test with 25 absorption chillers in 16 installations, up to 80 % of auxiliary electric
energy consumption is caused by the cooling water pump and the cooler.
Reducing a volume flow rate by reducing fan or pump speed by 50% leads theoretically to a
reduction of 87% in electricity consumption for the pump/fan. In practice within the field test, a
reduction of up to 65% is attained and has been proven successfully by control of reject heat
and chilled water cycle pump. Control of hot water flow has a more complex, but promising
potential. Lowering e.g. hot water flow rate leads to higher set temperatures for the cooler
and/or lower cooling water flow rates, thus saving electric energy.
Keywords: efficiency, cooling, sorption, field test, measurement, electricity, cooler, pump

1. INTRODUCTION
Absorption chillers, in the second half of last century were well known as energy efficient,
environmentally friendly, long durable and base load supplying chillers. Nevertheless,
investment costs were extremely high, space effort was much higher than for compression
chillers and dynamic behaviour was meant to be absent. None of these characteristics may
still prove reliability.
Based on the upper mentioned qualities, especially environmental friendliness, sorption
technologies went in the focus of research and development, increasing the market share in
Europe for solar cooling and multi-generation energy systems, such as combined heat, power
and cooling applications (PolySMART, 2010), (Henning, 2004). Besides thermal efficiency
improvements and cost reduction of absorption chillers, system efficiency is a main target to
cope with. Therefore recent development projects have included low hydronic efforts (i.e.
pressure differences) in the heat exchanger design and high flexibility due to wide range of
possible supply volume flows (Petersen et al., 2013). Although speed controlled pumps are
state of the art in heating systems, in cooling systems they are still not commonly used
discarding the potential offered by load adjusted volume flow rates. Theoretical analysis point
out a potential of nearly 75% of energy savings for the chilled water circuit based on senseful
and constant temperature difference control of the chilled water pump (Petersen et al., 2019).
Based on actual figures for state of the art efficiencies of compression chiller systems
(including reject heat efforts and chilled water pumping) and load spreading in building
application according to (DIN18599-7, 2018), (Eurovent, 2018), approximately 75% of
electricity consumption can directly be saved by operating the chilled water pump with variable
speed. Although theoretically hydronic effort and volume flow rate have a cubic dependency,
a decreasing pump efficiency in part load has to be taken into account. Nevertheless, the net
electrical effort can be reduced due to the lower pressure difference in part load as compared
to full load conditions (see table 1).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2657

Table 1: potential of electricity saving, chilled water pump (Petersen et al., 2019)

Load
Operating hours
Volume flow rate
Pressure drop
Efficiency
Electric power

%
h
m³/h
kPa
%
W

Electric energy

kWh/a

Saving

kWh/a

Without flow rate control
(constant speed)
100
1500
27,7
6
67
689
1034

With flow rate control
(load distribution related to Eurovent)
100
75
50
25
45
495
615
345
27.7
20.8
13.9
6.9
60
34
15
4
67
58
45
25
689
338
129
29
31
167
80
10
288
747

In an ACCA there are three supply circuits and therefore three flow rates to control: hot, reject
heat and chilled water flow. During a field test for absorption chillers, including 25 chillers being
installed in 16 different locations throughout Germany, control strategies for variable volume
flow rates were tested (Petersen et al., 2019), (Paitazoglou et al., 2018). Due to a special heat
exchanger design a wide range of flow rates between 20 % and 150 % of the nominal flow
rates are allowed by the chillers under investigation (BINE, 2012).

2. CONTROL STRATEGIES
After introducing the general control algorithm for the chiller in section 2.1 some project and
operation control results are highlighted in section 2.2, focusing on the reject heat circuit. In
section 2.3 research and development of a controlled hot water pump to safe energy on the
reject heat side also is explained.
2.1.

ACCA-Control with Variable Flow Rates

During the research and demonstration project a model based multivariable control strategy
for the control of ab- and adsorption chillers has been developed and implemented into a
programmable logic controller (PLC). The so-called CE-controller uses an improved
characteristic equation method (Albers, 2018; Albers and Ziegler, 2016). According to this
method the cooling capacity 𝑄𝑄̇𝐸𝐸 of an absorption chiller is a linear function of a modified
characteristic temperature difference 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ .
𝛥𝛥𝛥𝛥𝑡𝑡 ∗ = 𝑡𝑡𝐷𝐷𝐷𝐷 ⋅ (1 − 𝐾𝐾1 ) − 𝑡𝑡𝐴𝐴𝐴𝐴 ⋅ (1 − 𝐾𝐾2 ) + 𝑡𝑡𝐸𝐸𝐸𝐸 ⋅ (1 − 𝐾𝐾3 )

Eq. (1)

𝑄𝑄̇𝐸𝐸 = 𝐾𝐾4∗ ⋅ 𝛥𝛥𝛥𝛥𝑡𝑡 ∗

Eq. (2)

𝛥𝛥𝛥𝛥𝑡𝑡𝑚𝑚𝑚𝑚𝑚𝑚 = 𝐾𝐾1 ⋅ 𝑡𝑡𝐷𝐷𝐷𝐷 − 𝐾𝐾2 ⋅ 𝑡𝑡𝐴𝐴𝐴𝐴 + 𝑡𝑡𝐸𝐸𝐸𝐸 ⋅ (𝐾𝐾3 − 1)

Eq. (4)

∗
𝑄𝑄̇𝐷𝐷 = 𝐾𝐾5∗ ⋅ 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ + 𝐾𝐾6 ⋅ 𝛥𝛥𝛥𝛥𝑡𝑡𝑚𝑚𝑚𝑚𝑚𝑚

Eq. (3)

The modified characteristic temperature difference 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ combines hot and cooling water inlet
temperature (i.e. 𝑡𝑡𝐷𝐷𝐷𝐷 , 𝑡𝑡𝐴𝐴𝐴𝐴 ) and chilled water outlet temperature 𝑡𝑡𝐸𝐸𝐸𝐸 . The coefficients 𝐾𝐾1 to 𝐾𝐾3 in
equation (1) account for the phase equilibrium data of the working pair in combination with the
heat capacity flow rates 𝑊𝑊̇𝑋𝑋 = 𝑐𝑐𝑝𝑝 ⋅ 𝑚𝑚̇𝑋𝑋 and heat transfer capabilities 𝑌𝑌𝑋𝑋 = 𝑈𝑈𝑋𝑋 ⋅ 𝐴𝐴𝑋𝑋 (where 𝑋𝑋 =
𝐷𝐷, 𝐸𝐸, 𝐶𝐶, 𝐴𝐴 holds for the main heat exchangers, desorber, evaporator, condenser, and absorber).
Hence 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ includes all information of load dependent losses. The capacity potential of the
chiller (i.e. its ‘thermal size’) is described by the slope parameters 𝐾𝐾4∗ and 𝐾𝐾5∗ , respectively. The
coefficient 𝐾𝐾6 scales the minimum driving heat 𝑄𝑄̇𝐷𝐷,𝑚𝑚𝑚𝑚𝑚𝑚 = 𝐾𝐾6 ⋅ ΔΔ𝑡𝑡𝑚𝑚𝑚𝑚𝑚𝑚 which results mainly from
limited internal heat recovery in the solution heat exchanger. The variable minimum driving
heat flow 𝑄𝑄̇𝐷𝐷,𝑚𝑚𝑚𝑚𝑚𝑚 can be calculated by means of a second characteristic temperature difference
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2658

ΔΔ𝑡𝑡𝑚𝑚𝑚𝑚𝑚𝑚 which is a function of the same independent external temperatures and coefficients 𝐾𝐾1
to 𝐾𝐾3 (Albers, 2018). At constant flow rates all 𝐾𝐾𝑁𝑁 and 𝐾𝐾𝑁𝑁∗ can be assumed constant also. With
𝑠𝑠𝑠𝑠𝑠𝑠
∗
) the necessary value for ΔΔ𝑡𝑡𝑠𝑠𝑠𝑠𝑠𝑠
is
respect to a certain load case (where 𝑄𝑄̇𝐸𝐸 = 𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸 = 𝑡𝑡𝐸𝐸𝐸𝐸
fixed (see figure 1). Nevertheless, there is still one degree of freedom since 𝑡𝑡𝐷𝐷𝐷𝐷 and 𝑡𝑡𝐴𝐴𝐴𝐴 are
both not fixed yet. For the economic operation of CHPC-plants compliance of a minimal hot
𝑠𝑠𝑠𝑠𝑠𝑠
) is an
water outlet temperature from the desorber of an absorption chiller (i.e. 𝑡𝑡𝐷𝐷𝐷𝐷 ≤ 𝑡𝑡𝐷𝐷𝐷𝐷
interesting third objective because a reduction of primary energy efficiency (e.g. by wasting
heat in an emergency cooler) can be avoided. The CE-controller calculates the required hot
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
and 𝑡𝑡𝐴𝐴𝐴𝐴 = 𝑡𝑡𝐴𝐴𝐴𝐴
which are necessary to reach all three
and cooling water temperatures 𝑡𝑡𝐷𝐷𝐷𝐷 = 𝑡𝑡𝐷𝐷𝐷𝐷
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
and 𝑡𝑡𝐷𝐷𝐷𝐷 = 𝑡𝑡𝐷𝐷𝐷𝐷
).
objectives concurrently (i.e. 𝑄𝑄̇𝐸𝐸 = 𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸 = 𝑡𝑡𝐸𝐸𝐸𝐸
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Figure 1: Effect of 𝑽𝑽̇𝑿𝑿 < 𝑽𝑽̇𝑿𝑿,𝟎𝟎 on part load behaviour
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Figure 2: Predicted and measured data, 𝑸𝑸̇𝑫𝑫 and 𝑸𝑸̇𝑬𝑬

By definition all 𝐾𝐾𝑁𝑁 and 𝐾𝐾𝑁𝑁∗ are directly influenced by the external volume flows 𝑉𝑉𝑋𝑋̇ since they
affect the overall heat transfer coefficient 𝑈𝑈𝑋𝑋 . In Fig. 1 the effect of a flow rate 𝑉𝑉𝑋𝑋̇ lower than
̇ is shown for any supply circuit (𝑋𝑋 = 𝐷𝐷, 𝐻𝐻 or 𝐸𝐸). In both cases (i.e. at nominal
the rated value 𝑉𝑉𝑋𝑋,0
or reduced flow rate) the cooling capacity is a linear function of 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ but with different values
̇ the
for 𝐾𝐾𝑁𝑁 and 𝐾𝐾𝑁𝑁∗ . Due to a lower flow velocity inside the heat exchanger tubes at 𝑉𝑉𝑋𝑋̇ < 𝑉𝑉𝑋𝑋,0
process external heat transfer coefficient 𝛼𝛼𝑒𝑒𝑒𝑒𝑒𝑒,𝑋𝑋 and consequently the overall heat transfer
coefficient 𝑈𝑈𝑋𝑋 is reduced. The resulting lower heat transfer capability 𝑌𝑌𝑋𝑋 = 𝑈𝑈𝑋𝑋 ⋅ 𝐴𝐴𝑋𝑋 leads to
lower slope parameters 𝐾𝐾4∗ and 𝐾𝐾5∗ (i.e. a lower thermal size of the chiller). Therefore the
∗
∗
̇ � to 𝛥𝛥𝛥𝛥𝑡𝑡𝑠𝑠𝑠𝑠𝑠𝑠
characteristic temperature difference has to be increased from 𝛥𝛥𝛥𝛥𝑡𝑡𝑠𝑠𝑠𝑠𝑠𝑠
�𝑉𝑉𝑋𝑋,0
�𝑉𝑉𝑋𝑋̇ � either
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
by a higher 𝑡𝑡𝐷𝐷𝐷𝐷 or a lower 𝑡𝑡𝐴𝐴𝐴𝐴 or both to reach all three set values 𝑄𝑄̇𝐸𝐸 , 𝑡𝑡𝐸𝐸𝐸𝐸 and 𝑡𝑡𝐷𝐷𝐷𝐷
. Due to
𝑄𝑄̇𝐷𝐷,𝑚𝑚𝑚𝑚𝑚𝑚 the driving heat 𝑄𝑄̇𝐷𝐷 is not a linear function of 𝛥𝛥𝛥𝛥𝑡𝑡 ∗ . However, when all three set values
̇ or 𝑉𝑉𝑋𝑋̇ the load dependent and load independent losses are nearly
are reached either with 𝑉𝑉𝑋𝑋,0
∗
∗
̇ ��, see Fig. 1.
the same and therefore 𝑄𝑄̇𝐷𝐷 �𝛥𝛥𝛥𝛥𝑡𝑡𝑠𝑠𝑠𝑠𝑠𝑠
�𝑉𝑉𝑋𝑋̇ �� ≈ 𝑄𝑄̇𝐷𝐷 �𝛥𝛥𝛥𝛥𝑡𝑡𝑠𝑠𝑒𝑒𝑒𝑒
�𝑉𝑉𝑋𝑋,0
The developed CE-algorithm is not only used for control but also to predict chiller capacity as
shown in Fig. 2. The measurement data used to define all 𝐾𝐾𝑁𝑁 and 𝑈𝑈𝑋𝑋 values for the CE-model
consist of 172 steady state operation points with cross variation of all three set temperatures
(𝑡𝑡𝐷𝐷𝐷𝐷 , 𝑡𝑡𝐴𝐴𝐴𝐴 , 𝑡𝑡𝐸𝐸𝐸𝐸 ) and the three volume flow rates (𝑉𝑉̇𝐷𝐷 , 𝑉𝑉̇𝐻𝐻 , 𝑉𝑉̇𝐸𝐸 ) according to Table 2. In Fig. 2 driving
heat and cooling capacity, measured and calculated values are depicted in a range of 20 % to
120 % of cooling capacity. While 𝑄𝑄̇𝐸𝐸 is above 20 kW the deviation between predicted and
measured values of driving heat and cooling capacity is less than 5 % and within the whole range
deviation is always less than 5 kW.
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Table 2: operation range for CE algorithm analysis in figure 2

Min

𝑡𝑡𝐸𝐸𝐸𝐸 in °C

Max

18

2.2.

6

𝑉𝑉̇𝐸𝐸 in 𝑚𝑚3 /ℎ
4

𝑡𝑡𝐴𝐴𝐴𝐴 in °C

10

38

22

𝑉𝑉̇𝐻𝐻 in 𝑚𝑚3 /ℎ
5.4

𝑡𝑡𝐷𝐷𝐷𝐷 in °C

14

90

70

𝑉𝑉̇𝐷𝐷 in 𝑚𝑚3 /ℎ
1.4
4

Field Test Results and First Volume Flow Control Strategies

Within the field test all kind of electricity (pumps, fans, control units, etc.) and heat consumption
have been measured in 5 sec. intervals and analysed in order to identify the main energy
consumers and the differences of their contribution due to different load conditions. In Fig. 3
the total specific electricity consumption 𝑤𝑤𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴 of the absorption chillers installed in various
sites of the field test and the share for chiller control, hot, cooling, and chilled water pump as
well as the reject heat device are shown. More than 80 % of the consumption is related to the
reject heat circuit in most sites with slight differences in the share between pump and reject
heat device. Electricity consumption for hot water pump reaches rarely values above 5%,
mostly being below a share of 2%.

𝒘𝒘𝑨𝑨𝑨𝑨𝑨𝑨𝑨𝑨

𝒘𝒘𝑨𝑨𝑨𝑨𝑨𝑨𝑨𝑨

𝑤𝑤𝐴𝐴𝐶𝐶𝐶𝐶𝐶𝐶

Figure 3: specific electricity consumption ACCAth

During the final year of the project, the control strategies for a variable flow rate control and/or
variable temperature setpoint for dry coolers were implemented and tested in selected field
tests. (Paitazoglou et al., 2018) highlights the achieved operation results that in addition to an
increase of the electrical efficiency by a factor of approx. two, the strategies promise to reduce
operation costs and the economic feasibility of the thermally driven chillers. The operation of
the cooling water pump accounts for a high electricity demand especially when absorption
chillers are operated at part-load. The applied volume flow rate control strategy adjusts the
flow rate depending on a setpoint temperature difference (𝛥𝛥𝑡𝑡𝐻𝐻,𝑠𝑠𝑠𝑠𝑠𝑠 ) between condenser outlet
and absorber inlet. The strategy was tested in the project at multiple sites during late summer
period. In a field test with a constant cooling load the overall performance of the absorption
chiller was evaluated for various 𝛥𝛥𝑡𝑡𝐻𝐻,𝑠𝑠𝑠𝑠𝑠𝑠 values between 4 K and 11 K and reported in
(Paitazoglou et al., 2018). It has been assured, that the demanded cooling load was
continuously covered. Thus, the strategy was leading to an electrical efficiency increase to
values above 40 kWh0/kWhel in comparison to 20 kWh0/kWhel which was reached without an
active flow rate control. Although lower heat transfer capabilities 𝑌𝑌𝐴𝐴 and 𝑌𝑌𝐶𝐶 as a result of
decreased flow rates have to be compensated by lower 𝑡𝑡𝐴𝐴𝐴𝐴 and therefore by a slightly higher
cooler effort the benefits in the sum of electricity consumption have been advantageous. During
the measurement period the cooler fans were operated in medium speed or even low speed.
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If the cooler already operates at high fan speed with low temperature glide, results may be
different. At the given circumstances the results are expected to be transferable to most year
operation, dependencies between 𝑤𝑤𝐻𝐻 , 𝑡𝑡𝐴𝐴𝐴𝐴 and 𝑤𝑤𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟𝑟 ℎ𝑒𝑒𝑒𝑒𝑒𝑒 𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑 are obvious. Due to high share
of electricity consumption for ACCA pump speed of cooling water should not be operated
anymore without active control or fixed at nominal conditions.
2.3.

Electricity Savings by Flow Rate Control in Hot Water

In Fig. 4, driving heat temperatures in an installation connected to a district heating network
for a whole year are presented. The values are sorted by driving temperature 𝑡𝑡𝐷𝐷𝐷𝐷 on an hourly
averaged base. Smoothened and coloured thick lines in front of the momentary values (thin
grey lines) show the general tendencies. Desorber volume flow 𝑉𝑉̇𝐷𝐷 was hold constant at
8.9 m³/h during the whole year. The values between operating hours 8260 and 8760 are mainly
related to start-up periods, the hot water temperatures are low (i.e. 𝑡𝑡𝐷𝐷𝐷𝐷 < 𝑡𝑡𝐷𝐷𝐷𝐷 < 70 °C) but the
temperature glide is high (i.e. Δ𝑡𝑡𝐷𝐷,𝐴𝐴𝐴𝐴𝐴𝐴 > 10 K) as the cycle is warming up. Values on the left
side, operating hours 0 to 260 are belonging to other particularities and will even not being
included in further discussion. The lasting 8000 operating hours, between 260 and 8260 are
𝑠𝑠𝑠𝑠𝑠𝑠
) and to keep hot water outlet
indicated as case M. To satisfy load condition (𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
at given 𝑉𝑉̇𝐷𝐷 = 𝑉𝑉̇𝐷𝐷,0 is
temperature 𝑡𝑡𝐷𝐷𝐷𝐷 at the set-point 𝑡𝑡𝐷𝐷𝐷𝐷 the necessary inlet temperature 𝑡𝑡𝐷𝐷𝐷𝐷
always lower than the available supply temperature of the district heating network 𝑡𝑡𝐹𝐹𝐹𝐹,𝑚𝑚𝑚𝑚𝑚𝑚 .
M

100

t𝑡𝑡𝐷𝐷𝐷𝐷,𝑓𝑓𝑓𝑓

80

70%

t

tAKA,
𝑡𝑡𝐷𝐷𝐷𝐷
Austritt

60
40

80%

FW, max

A

B
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Figure 4: sorted annual temperature curves of
driving heat at HENK installation, FAKS 2017
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Normalised flow rate γX = VX/VX,0
Figure 5: Pump efficiency, Data: Wilo Stratos

If the maximum available temperature could be used to match the same load condition
𝑠𝑠𝑠𝑠𝑠𝑠
) the hot water flow rate can be reduced in order to keep 𝑡𝑡𝐷𝐷𝐷𝐷 constant, also. This
(𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸
reduced flow rate has two main effects: at first, the electricity consumption of the hot water
∗
is increased due to
pump is reduced, second the characteristic temperature difference 𝛥𝛥𝛥𝛥𝑡𝑡𝑠𝑠𝑠𝑠𝑠𝑠
the higher driving temperature, while at the same time the thermal size of the chiller (i.e. the
slope parameter 𝐾𝐾4∗ ) is reduced as explained in section 2.1. Within the main range of operation
∗
overcompensates the effect of 𝑉𝑉̇𝐷𝐷 < 𝑉𝑉̇𝐷𝐷,0 on 𝐾𝐾4∗ . Therefore and in order
the increase of 𝛥𝛥𝛥𝛥𝛥𝛥𝑠𝑠𝑠𝑠𝑠𝑠
̇
to keep 𝑄𝑄𝐸𝐸 constant either the reject heat water temperature 𝑡𝑡𝐴𝐴𝐴𝐴 has to be increased or an
additional decrease of the thermal size of the chiller (i.e. the slope parameter 𝐾𝐾4∗ ) has to be
forced. The latter can be achieved by reducing 𝑉𝑉̇𝐻𝐻 . A combination of both control measures is
also possible and described by (Mittermaier et al., 2010), and beneficial.
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Table 3: Possible savings for 𝒕𝒕𝒔𝒔𝒔𝒔𝒔𝒔
𝑫𝑫𝑫𝑫 = 67 °C
tDi

tDH,fl Load

VD

γD

∆pD

∆∆t*

VH

γH

∆pH ηP,D ηP,H LP,D

3

M

°C
81

°C
81

%
100

m /h % kPa
m3/h % kPa
K
8.9 100 7.8 30.8 46.0 100 81.8

%
67

A
B
C
D

81
79
76
73

90
91
93
93

100
88
72
57

5.5
4.9
3.5
2.6

52
49
38
29

62
55
39
29

3.4
2.8
1.6
0.9

37.9
34.8
33.6
31.3

39.5
30.0
23.4
21.1

86
65
51
46

62.2
38.3
25.0
20.9

%
67

LP,H bACCA WP,D

WP,H

ΣWP

kW kW h/a kWh kWh kWh
0.03 1.57 8000 231 12538 12770

62 0.01 1.10 2000
54 0.01 0.59 2000
46 0.00 0.35 2000
43 0.00 0.28 2000
Sum A to D
relative savings (WP,x/ΣWP)

20
16
8
4
48
1%

2199
1188
703
569
4659
62%

2219
1204
712
573
4707
63%

The results of decreasing 𝑉𝑉̇𝐷𝐷 to make use of 𝑡𝑡𝐷𝐷𝐷𝐷,𝑓𝑓𝑓𝑓 and the possible reduction in electricity
demand, as consequence of this operation strategy is summarized in eff 3. Savings are
calculated due to reducing the thermal size by adapting the volume flow rates 𝑉𝑉̇𝐷𝐷 and 𝑉𝑉̇𝐻𝐻 . No
changes are done to 𝑡𝑡𝐴𝐴𝐴𝐴 . Input data are taken from Fig. 4. Case M is inheriting the measured
reference operation data. Cases A to D cover the same variable cooling load as measured.
The values of cases A to D in table 3 are determined as mean values of the marked sections
in Fig. 4 with a duration of 2000 h each.
The comparison of case M (which holds for the mean of measured values during sorted
operating hours 260 and 8260 in figure 4) and case A with reduced hot water flow rate for the
first quarter (2000h) of the same duration highlights the advantage of hot water flow rate control
even under full load conditions. Using the available driving temperature of 90.3 °C instead of
𝑠𝑠𝑠𝑠𝑠𝑠
and
81.0 °C and reducing the hot water flow rate from 8.9 to 5.5 m³/h to keep 𝑡𝑡𝐸𝐸𝐸𝐸 = 𝑡𝑡𝐸𝐸𝐸𝐸
𝑠𝑠𝑠𝑠𝑠𝑠
𝑡𝑡𝐷𝐷𝐷𝐷 = 𝑡𝑡𝐷𝐷𝐷𝐷 = 67 °C constant, increases the characteristic temperature difference from 30.8 K to
37.9 K. According to the characteristic equation (2) a constant cooling capacity 𝑄𝑄̇𝐸𝐸 = 𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 at
higher characteristic temperature difference is only possible with a lower slope parameter
𝐾𝐾4∗ (see also figure 1). Hence, in addition to 𝑉𝑉̇𝐷𝐷 also 𝑉𝑉̇𝐻𝐻 has to be reduced from the nominal
value of 46.0 m³/h to 39.5 m³/h. The lower flow rates lead to lower pressure drops Δ𝑝𝑝𝐷𝐷 and
Δ𝑝𝑝𝐻𝐻 . Thus the necessary electric power for the pumps (𝑋𝑋 = 𝐷𝐷, 𝐻𝐻)
𝐿𝐿𝑃𝑃,𝑋𝑋 =

Δ𝑝𝑝𝑋𝑋 ⋅ 𝑉𝑉𝑋𝑋̇
𝜂𝜂𝑃𝑃,𝑋𝑋

(5)

is 31 % lower for full cooling load condition in case A with reduced hot and cooling water flow
rate (Σ = 1.11 kWel) as compared to first quarter of case M with nominal flows (Σ = 1.60 kW el).
Under part load conditions the possible savings are even higher. This is illustrated by case B
to D where again the measured available temperature 𝑡𝑡𝐷𝐷𝐷𝐷,𝑓𝑓𝑓𝑓 is used as driving temperature in
the characteristic equations (1) to (4) (instead of 𝑡𝑡𝐷𝐷𝐷𝐷 ) to match the case related cooling load
𝑠𝑠𝑠𝑠𝑠𝑠
𝑠𝑠𝑠𝑠𝑠𝑠
) and the third objective (𝑡𝑡𝐷𝐷𝐷𝐷 = 𝑡𝑡𝐷𝐷𝐷𝐷
). From this (higher) driving
(𝑄𝑄̇𝐸𝐸 = 𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸 = 𝑡𝑡𝐸𝐸𝐸𝐸
temperature the necessary (lower) hot and cooling water flow rates are calculated to reach the
same values for 𝑄𝑄̇𝐸𝐸 , 𝑡𝑡𝐸𝐸𝐸𝐸 and 𝑡𝑡𝐷𝐷𝐷𝐷 as measured. Taking the decreased pump efficiencies,
according to figure 5, pressure drops and volume flows into account, the electric energy
consumption can be calculated for each case with a duration of 𝑏𝑏𝑝𝑝𝑝𝑝 = 2000 h as
𝑊𝑊𝑃𝑃,𝑋𝑋 =

Δ𝑝𝑝𝑋𝑋 ⋅ 𝑉𝑉𝑋𝑋̇
⋅ 𝑏𝑏𝐴𝐴𝐴𝐴𝐴𝐴𝐴𝐴 = 𝐿𝐿𝑃𝑃,𝑋𝑋 ⋅ 𝑏𝑏𝑝𝑝𝑝𝑝
𝜂𝜂𝑃𝑃,𝑋𝑋

(6)

The total amount of electricity with variable flow rates during 4·2000 h = 8000 h of operation is
4707 kWh. This is 63 % below the value of 12770 kWh for the same load characteristic but
with nominal and fixed flow rates over 8000 h in case M.
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3. CONCLUSIONS
New control strategies for absorption chiller cooling assemblies, not only satisfying cooling
𝑠𝑠𝑠𝑠𝑠𝑠
) but also ensuring an additional objective, such as a minimal or set
load (𝑄𝑄̇𝐸𝐸 = 𝑄𝑄̇𝐸𝐸𝑠𝑠𝑠𝑠𝑠𝑠 ; 𝑡𝑡𝐸𝐸𝐸𝐸 = 𝑡𝑡𝐸𝐸𝐸𝐸
driving heat outlet temperature have been successfully tested in an extensive field test. In
combination with a new generation of absorption chillers, which can operate at a huge variety
of volume flow rates from 20% to 150% in driving heat, reject heat and chilled water cycle and
new control strategies lead to electrical energy savings for pumps within the system, where
80% are related to the reject heat cycle (pump and cooler). Therefore, the yearly electrical
consumption can be reduced significantly by reducing pump speed in the reject heat cycle
directly. Most state of the art of absorption chiller systems operate on the hot water/driving
heat side using a valve to adjust hot water inlet temperature 𝑡𝑡𝐷𝐷𝐷𝐷 at fixed pump speed to match
cooling load by mixing colder hot water from the return line of the chiller and hot water from
the hot water network. By reducing pump speed of the hot water pump, the direct electricity
savings for this pump are below 1% of overall consumption, which is consequently due to low
share of overall electricity consumption by this pump. But the indirect effect causes a range of
savings in the reject heat cycle of approx. 60% as pump and/or fan speed in this cycle can be
reduced in addition. The potential is proven theoretically. The concept should be proven in the
field installations by summer of 2019.

ACKNOWLEDGEMENTS
We acknowledge financial support by the EnEff:Wärme Projects 03ET1171A and 03ET1583
grant funded by the Federal Ministry for Economic Affairs and Energy (BMWi).

NOMENCLATURE
Code letters
A
ACCA
CE
K
L
U
W
Y
p
t
b
𝑄𝑄̇
𝑉𝑉̇
𝛥𝛥𝛥𝛥𝛥𝛥
η
γ

Indexes

Area [m2]
Absorption chiller cooling assambly
Characteristic equation
Coefficient of CE (1 to 6)
Electrical power [kW]
Heat transfer coefficient [kW/K/m2]
Electrical / mechanical energy [kWh]
Heat transfer capability [kW/K]

A
C
D
DH
E
H
P
X

Absorber
Condenser
Desorber
District heat
Evaporator
Absorber & Condenser
Pump
Component indicator (A, C, D, E, H)

Pressure [hPa]
temperature [°C]
operation hours
Heat capacity of component X
Volume flow [m3/h]
Characteristic temp. difference

calc
el
fl
i
meas
pl
o

calculated
electrical
feedline
in
measured
part load
out

efficiency
normalized flow rate

*
0

modified
reference status or cold
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ABSTRACT
Coolers are the most relevant components of absorption chiller systems regarding electricity and
water consumption as well as operational costs, space requirement, and noise emission. While
evaporative cooling towers can supply lower temperatures, package type dry coolers are significantly
cheaper in investment, operation and maintenance. In the last few years, single effect absorption
chillers have been developed to operate with dry coolers. In a field test 25 chillers were tested in 16
different locations throughout Germany.
Using dry coolers instead of wet coolers facilitates the overall installation. Project results show the
energy efficiency potential of absorption chillers in combination with dry coolers. Three strategies
reduced the electrical energy consumption by 70 % on average, without negative side effects for
absorption chillers. The annual specific electricity demand of 0.028 kW el/kWth,0 was even lower than
typical values for wet cooling towers.
Keywords: Absorption Cooling, Energy Efficiency, Experimental Results, Control Strategies.

1. INTRODUCTION
A main advantage of absorption chillers (ACh) is their ability to use low grade heat as driving energy
instead of electricity. However, compared to vapor-compression chillers (CCh), more driving energy
is necessary for the same cooling energy. As a result, more heat is rejected, which in turn requires
a larger cooling tower (CT) or increased auxiliary expenditures, such as electrical energy demand of
the fans or water consumption. The former leads to higher capital costs, the latter to increasing
operating costs. From an economical point of view, the savings in operating expenditures for driving
heat (e.g. waste heat instead of electricity) have to overcompensate the higher amount of driving
energy and costs (capital and/or operating) for the chiller and its cooling tower. Typically, most of the
auxiliary electrical energy consumption is caused on the heat rejection side (Eicker et al., 2012).
Besides providing profitable cooling energy, a secondary objective for absorption chiller installations
is to substitute electrical energy consumption, e.g. reducing the overall primary energy consumption
of a tri-generation system. Therefore, efficient heat rejection is a key factor for economic and primary
energy efficient absorption chiller systems.
Evaporative cooling systems allow lower cooling water temperatures, which affects heat driven
chillers positively (Buchin and Ziegler, 2011). However, preventing Legionnaires' disease and
precautions against freezing in cold seasons result in additional costs, which may exceed the capital
costs of the chiller in small scaled installations. Hence, for small and medium load applications, dry
cooling towers are getting more and more interesting in temperate and even Mediterranean climate
zones (Paitazoglou et al., 2015).
In the field test project FAkS (Feldtest Absorptionskälte für Kraft-Wärme-Kälte-Kopplung-Systeme
funded by BMWi with project ID FKZ 03ET1171a-d) a total of 25 absorption chillers, designed for
high reject heat temperatures, were installed and - over the period of 5 years - monitored in 16
different locations throughout Germany. Among others, a main objective of the field tests was to
demonstrate a low specific electrical energy consumption for the overall cooling system 𝑤𝑒𝑙 =
0.05 𝑘𝑊ℎ𝑒𝑙 /𝑘𝑊ℎ0 .
This paper presents the motivation and field test results for three different measures of decreasing
the electrical consumption of dry cooling towers (DCT). The field test results show measurement
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data of a cooling system consisting of three absorption chillers and one compression chiller in
Karlsruhe, Germany (‘KRGC’).

2. MEASURES TO REDUCE THE ELECTRICITY EXPENDITURES
2.1.

Cooling Tower Technologies

The minimal cooling water temperature for dry cooling towers is limited by the dry bulb temperature.
However, low approach temperatures1 (tappr = tHTM,o - tamb) result in high capital costs, fan energy
consumption and relatively large required floor space. In order to operate DCT economically, the
design cooling water temperature is recommended to be within around 11 K of the dry bulb
temperature (ASHRAE, 2016). Modern variable frequency driven fans allow efficient capacity
controlling for DCT during part load operation.
Evaporative cooling systems can be classified in wet (open and closed circuit) and in so called
adiabatic cooling towers. In efficient cooling towers the water temperature can approach the wet bulb
temperatures to about 2-3 K (ASHRAE, 2016). In closed circuit cooling towers the ambient air is not
in direct contact with the heat transfer medium. Due to the additional heat exchanger, the minimum
reachable temperature is higher than in open circuit heat exchangers. Hybrid cooling towers are a
combination of dry and wet cooling tower (WCT) and are operated in both modes, either
simultaneously or separately. Additionally, the term adiabatic cooling tower is often used for cooling
towers where the supplied air is pre-cooled adiabatically by humidification without wetting the heat
exchanger surfaces. In all evaporative cooling systems, the evaporated water needs to be replaced
continuously and added to the operational costs. Water flow rates may be specified strictly by the
manufacturer, which can restrict control strategies for efficient part load operation as suggested by
Petersen et al. (2019). Furthermore, specific requirements in terms of hygiene have to be fulfilled.
This often means inspections, monitoring, and water treatment facilities (VDI, 2013). The latter is
also necessary to avoid fouling, since this affects the heat transfer (VDI, 2013).
To prevent the heat transfer medium in DCT from freezing antifreeze agents (ethylene glycol) can
be added. In contrast to this, special precautions are required to prevent evaporative cooling towers
from freezing in temperate climate zones. Altogether, the water treatment and (anti)-freezing
precautions for evaporative cooling systems can significantly affect the overall system efficiency,
degree of maintenance, and operational life span of components (ASHRAE, 2016). This adds to both
the capital and operational costs.
2.2.

Project Context and Problem Description

In about 2/3 of the systems within FAkS, the absorption chillers provide the base load and additional
compression chillers cover the peak demand. In this case the goal for the absorption chillers is to
achieve a high share of the overall cooling energy output.
Feasible cooling tower types were chosen based on capital and expected operational costs2. Capital
costs for water treatment facilities were at about 50 to 100 % of the capital costs for the WCT.
Furthermore, operational costs for inspections and maintenance per year add up to about 50 % of
the capital costs for the WCT.
Since the degree of maintenance is much lower and controlling is more flexible, (large scale) dry
cooling towers were often in favour over other CT types, see Table 1.
Table 1: Overview of different heat rejection methods

ID

AHIT

location

Aachen

type

wet

3

BKSP

BOLY

BVES

Berlin
dry

dry

dry

DUBA4

ESTW

Dessau

Essen

adiabatic

adiabatic

GKIT
GarmischPartenk.
dry

HENK2
Hannover
wet

Temperature difference between the ambient temperature 𝑡𝑎𝑚𝑏 and the heat transfer medium outlet
temperature 𝑡𝐻𝑇𝑀,𝑜 .
2
In some locations already existing cooling towers were utilized.
3
Each field test location is abbreviated with a four letter ID.
4
Existing cooling tower.
1
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ID

HHVE

KFWK2

location

Hamburg

Kassel

type

dry

river

KRGC

KRSW

Karlsruhe
dry

dry

LVRZ
Leverkusen
adiabatic

ROKK
Rosenheim
dry

SEHC2

TUEW 2

Stuttgart

Berlin

dry

wet

Despite higher capital costs, typical design points of the approach temperatures in FAkS were
between 2 and 5 K.
These low approach temperatures usually go along with a high fan speed to further increase the
heat transfer. Thus, on the one hand these dry cooling towers consume a high amount of electrical
energy during peak load hours. On the other hand, the larger surface areas result in a more efficient
part load behaviour.
The largest DCT (~1600 kW) in the field test site ‘KRCG’, is designed to reject the waste heat of four
chillers. Three district heat driven ACh (design capacity of 50 kW5) cover the base load and a larger
CCh (design cooling capacity of 1100 kW) covers the peak load. During the planning phase the
cooling load of the newly constructed building could only be estimated roughly. Therefore, the
optimization measures in this paper are based on the first year of regular operation, which is 2016.
Fig. 1 (top) shows the corresponding load distribution as a function of the ambient temperature.
Each marker represents an hourly mean value of the produced or consumed cooling capacity. The
latter increases with the ambient temperature to about 500 kW at 35°C.

Figure 1: supplied and consumed cooling load as a function of the ambient
temperature and ambient temperature frequency (1 h mean value of 2016)

At low ambient temperatures, the base load of about 50 kW is covered by the DCT in free cooling
(FC) mode. To about 25 °C and 200 kW the compound of three ACh supplies the entire cooling
demand. Higher ambient temperatures in combination with low district heat temperatures during the
summer period significantly reduce the cooling capacity of the ACh. Consequently, the CCh covers
the difference. Most of the yearly cooling consumption is required during moderate ambient
temperatures (see frequency in Fig. 1 bottom), where the ACh are able to supply the entire demand.
Therefore, their cooling energy share is more than 2/3 of the overall produced cooling energy per
year, although the design cooling capacity in total is only about 10% of the designd peak load.
Since the ACh are the main suppliers and the DCT rejects heat for all four chillers, those two
components are most important for the overall system efficiency. However, the efficiency was below
expectations in this first year, for which three main reasons were identified. Parallel operation of all
three ACh during hours with low loads (𝑄̇0,𝐶 < 100 kW) led to a high degree of part load operation
and as a consequence to thermal coefficient of performance values 𝐶𝑂𝑃𝑡ℎ = 𝑄̇0 /𝑄̇2 below 0.6.
The nominal capacity of this chiller model is 160 kW. Under these specific design conditions (high
heat sink - and low driving heat source temperature) the resulting capacity is only 50 kW.
5
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Specific electrical efficiency values wel were between 0.1 and 0.2 during ACh operation, which were
mainly caused by the DCT controller and lead to an unnecessary high fan speed, especially during
moderate ambient temperatures and medium cooling load (75 kW < 𝑄̇0,𝐶 < 250 kW).
The cooling capacity as well as the chilled and the hot water outlet temperature of the absorption
chillers are simultaneously controlled by setting the hot and also cooling water inlet temperature (see
Albers and Ziegler 2016). The latter affects the efficiency of the DCT, particularly at high ambient
temperatures when the ACh controller requires low cooling water temperatures to cover high cooling
load ( 𝑄̇0,𝐶 > 200 kW).
2.3.

Improving the Thermal Efficiency (COPth) of Absorption Chillers in Low Load Cases

Reducing the amount of rejected heat is an obvious way to improve the efficiency of cooling towers.
The less an absorption chiller is working at full capacity, the lower usually is its thermal efficiency. In
‘KRGC’ minimal load cases of less than 100 kW ocoure for more than 70 % per year (cf. Fig.1).
Therefore, the number of simultaniously operating absorption chillers is important. Fig. 2 shows
measurement data of two months before and after the implementation of a new control strategy,
which significantly improved the overall thermal efficiency of the three chillers. The new control
strategy successively turns chillers on or off, depending on several conditions. For example, if a
cooling load of 100 kW is supplied by three chillers in equal parts, the resulting overall coefficient of
performance is 0.65. If only two chillers provide the same cooling load, the overall COPth of the two
chillers can be increased up to 0.75. Even though this is still a low utilization of the chillers, the
nominal COPth (~0.8) is almost reached. Thus, the amount of reject heat can be reduced by ~8 %
(and driving heat by 13 %) for fulfilling the same cooling load. With a cooling load of 55 kW the thermal
efficiency of the ACh system was improved from ~0.5 to 0.75, which leads to a reduction of waste
heat of ~22 % (and driving heat by 1/3). Besides the cooling load, tamb, and the chiller size, the new
control strategy considers additional
variables, such as cold-water inlet
temperature to the consumers, coldwater storage temperatures, coldwater volume flow rates of the
consumers and the electricity
consumption of the cooling towers.
All these variables are processed by
the controller to prevent undesirable
effects, such as higher electricity
demand due to increasing fan and
pump speed. Thus, the thermal as
well as the electrical performance of
the whole system was improved for
the low load period, which is the
predominant part throughout the
year in ‘KRGC’.
Figure 2: COPth as a function of cooling capacity
2.4.

Using the Heat Exchanger Surface to Full Capacity in Medium Load Cases

The heat transfer medium (HTM) outlet temperature of a DCT is commonly controlled by adjusting
the air mass flow through the heat exchanger. The air mass flow is varied either by switching
individual fans on and off or by controlling the fan speed. In the following, only DCT with variable
speed driven fans are considered.
A DCT equipped with more than one fan can be operated in two different ways: either with uniform
fan speed (parallel) or with individually controlled fan speed (serial). While the parallel control
strategy changes the velocity of all fans simultaneously, so that all fans have the same rotational
speed, the serial strategy controls the fan velocity in sequence. To increase the air mass flow, the
fans are controlled one after another. As soon as a fan reaches its maximum velocity, the next one
is switched on. Decreasing the air mass flow works the other way around. The velocity of only one
fan at a time is reduced until it is switched off. Thereafter the velocity of the next fan is reduced and
so forth. Both strategies are also applicable for a group of DCT, which are connected in parallel on
the HTM side. The heat rejection system in ‘KRGC’ consists of six DCT in two groups of three units
each (cf. Fig. 3). Both groups have a dedicated control system for load regulation.
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By default, the serial control strategy was set for the DCT. When the extensive electricity
consumption became apparent, a reliable estimation of the potential savings was required in order
to convince the operator to commission a change to the control
strategy by the manufacturer. Therefore, both control strategies
have been simulated in python using an extended model based
on the TRNSYS Type511 for the thermal behaviour of the DCT
(Albers et. al 2011). Since both groups A and B are equal in
construction and controlled individually, only one group had to
be simulated. In summer 2016, the control strategy of the DCT
was changed. In Fig. 4, where the electric power consumption of
the fan motors is plotted against the approach temperature, the
simulation results are compared to measurement data6. In the
range of medium cooling loads in ‘KRGC’, the corresponding
Figure 3: arrangement of DCT
rejected heat loads of the DCT compounds vary between 100
units in ‘KRGC’
and 300 kW each. Therefore, this range was used for the
simulation, so that the leftmost and the rightmost edge of the
area correspond to a recooling load of 100 and 300 kW respectively. For higher approach
temperatures the measured electricity consumption using the parallel strategy is higher than
predicted by the simulation. This could be
caused by oscillations of the PID controller
at low fan speeds which lead to a higher
mean power consumption.
For low approach temperatures, when the
DCT compound is at maximum load, there
is no difference between the two
strategies. For very high approach
temperatures of more than about 12 K, on
the other hand, the difference in energy
consumption is negligibly.
According to Fig. 4, the greatest savings
were achieved for approach temperatures
between about 2.5 K and 10 K, where the
DCT group is at medium capacity. In this
range representing the typical medium
cooling load cases in ‘KRGC’, the
electrical power consumption of the DCT
decreased by up to 80 % by using the
Figure 4: comparison of two control strategies for the
parallel instead of the default serial control
fan control of a dry cooler compound
strategy. In 2016, this covered about 40 %
of all load cases.
2.5.

Identification of Inefficient Operating Points in High Load Cases and Strategies of
Avoiding Them

Low tappr lead in dry cooling towers to high electrical energy consumption, independent of the cooling
output of the chillers. If in addition tamb gets very high, the electrical power consumption of the fans
can even exceed the cooling capacity of the chiller. This is due to the decreasing capacity of chillers
and absorption chillers in particular by increasing cooling water temperatures. In case of ‘KRGC’,
low tappr can appear from tamb > ~20 °C when the cooling load overruns the design cooling capacity
of the ACh, which still tries to cover the load completely by decreasing its set value for the cooling
water circuit. This led to inefficient operation points and, as they occurred many hours a year, they
affected the annual average. Fig. 5 visualises the way this problem was solved, simply but effectively,
in the project. While tamb is increasing during the early hours (with a short-time artificial peak of tamb
due to solar irradiation at 7:30 am), the consumers cooling load increases and t appr gets smaller. In
order to avoid the fans running with maximum electricity consumption, the set value is limited by tamb

The presented measured data is filtered to periods where only the absorption chiller is in
operation, and averaged with a window of 10 minutes.
6
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with an offset ∆t of 2 K between 11 am and 9 pm. Consequently, almost the maximum ACh
contribution to cold production can be realised, and shutting off the ACh is avoided.
The temperature difference ∆t is crucial to both, ACh contribution to cold production and reduction
of electrical energy consumption. Both targets are inbetween a stress field. The decision of the
operator, which objective is more important, determines the offset. In case of ‘KRGC’ a ∆t of 2 K
proved to be sufficient, limiting the electricity consumption of the DCT to 15 % for typical rejection
heat capacities.
It is important to mention, that the plausibility and a high precision of the ambient temperature sensor
are of utmost necessity for adopting this logic sensibly and promising. Unfortunately, this is not
always given in real installations outside of laboratory conditions.
The resulting specific energy demand of the DCT to produce one kWh of cold is shown in Fig. 6.
Before implementing the strategy, wel,DCT was typically greater than 0.2 for ambient temperatures
above 20 °C and could reach values of up to 1 at about 35 °C. By this simple restriction of the cooling
water set values, the specific energy demand was limited to mostly less than 0.05. Thus, a good
electrical performance of the ACh was realised for the entire temperature range at the field site. As
a matter of course, even with this slight increase of the heat sink temperature the cooling capacity
of the ACh must be reduced. This is a thermodynamically given law. But compared to the electrical
energy savings, this effect proved to be negligible under the field conditions.

Figure 5: temperature and cooling capacity
profiles on June 16th, 2017

2.6.

Figure 6: effect of the tlim-set,DCT strategy

Annual Performance Results

The first measure applied in July 2016 was the parallel control strategy of the DCT, which is most
effective in medium load range. The improvements for low load cases followed in April 2017, before
in June 2017 the cooling water set temperature was limited by tamb and ∆t (high load cases). Due to
the field test nature, it is barely possible to precisely quantify the energy saving potential of each
measure. Moreover, all three measures influence each other and were overlapping with other
modifications and optimizing measures. As a result, the measures cannot be evaluated separately.
For example, the measure for high load cases prevents the DCT from running with inefficient high
fan speed. This way the number of operating hours, where the parallel fan control yields significant
energy savings, is increased. It should be highlighted, that the parallel fan control is simple to
implement and improves not only the ACh, but also the CCh and FC efficiency. However, the
tendency with respect to long term periods is very clear. To ensure, that temporary modifications
and specific field test characteristics have a marginal impact on the statement, only the specific
electrical energy demand of the DCT on annual basis is evaluated. As shown in Fig. 7, in 2018 the
specific electricity consumption wel,DCT could be reduced by 70 % in comparison to 2016. It should be
noted that the efficiency of the initial phase in 2016 was already better than the expectations
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corresponding to DIN V 18599 (2011) for DCT in combination with ACh7. The specific electricity
demand in ‘KRGC’ for the DCT in 2018 amounts to wel,DCT = 0.028 and is therefore even lower than
the expectations for a WCT according to DIN V
18599 of 2011. Recently, the estimation of DIN V
15899 has been significantly reduced. Due to the
monitoring and the optimization efforts, the
measured specific electricity consumption of the
DCT in 2018 is still less than half, compared to
the new guideline. On the one hand the results
show how efficient the combination of DCT and
ACh can be. On the other hand, it shows once
again that energy efficiency of chilling
installations is not only a question of the
components efficiency. Other field test
installations of FAkS confirm these results.
It should be noted that the measures did not have
any detectable influence on the share of the
Figure 7: reference and measured values of the
annual cold production of the ACh. For some of
spec. electricity consumption
the more complex systems, monitoring, data
analysis and improvement measures will be
continued in the recently started project “ReKs: Regelung für energieaufwandsoptimierte
Kälteerzeugungssysteme zur Primärenergieeinsparung”.

3. CONCLUSION
It has been pointed out that dry cooling towers have several economical and operational advantages
compared to evaporative coolers. The main disadvantage, however, are the higher heat rejection
temperatures, which, in times of peak load at high ambient temperatures, may drastically reduce the
electrical efficiency of the overall cooling system.
In the field test site ‘KRGC’, which has been monitored over the course of 3 years within the FAkS
project, significant savings were achieved in the specific electrical energy consumption of the DCT.
The main part of these savings results from the three measures presented above, which have a
direct or indirect effect on the DCT.
By improving the thermal efficiency of ACh compounds in low load cases, the amount of reject heat
was decreased significantly, for instance by more than 20 % at a cooling load of 55 kW. Applying a
parallel rather than a serial control strategy for DCT compounds yielded a reduction of the electricity
consumption of up to 80 % on a wide range of medium cooling load cases. And finally, by identifying
and avoiding inefficient operating points in high load cases, the specific energy demand of the DCT
could be reduced to typically less than 0.05 kW el / kW th,0 even at high ambient temperatures.
As a result, the specific electrical energy consumption of the DCT installed in ‘KRGC’ has been
reduced from 2016 to 2018 by about 70 %. In 2018 the DCT in ‘KRGC’ was more efficient than a
WCT according to DIN V 18599.
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A COPth is necessary, to reference the electrical consumption of the DCT to the cooling production
in DIN V 18599. In this case a COPth of 0.75 is assumed.
7
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NOMENCLATURE
Variables
𝐶𝑂𝑃
𝑄̇
𝑡
𝑤

coefficient of performance (-)
capacity (kW)
temperature (°C)
specific electrical energy demand (kWhel/kWhth)

Abbreviations
ACh
CCh
CT
C
DCT
FC
HTM
WCT

Indices
absorption chiller
compression chiller
cooling tower
consumer
dry cooling tower
free cooling
heat transfer medium
wet cooling tower

amb
appr
el
o
th
0
1

ambient temperature
approach temperature
electrical
outlet
thermal
chilled water temperature level
cooling water temperature level
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ABSTRACT
Predicting the compressor performance is an essential part in the design and optimization of
HVAC&R equipment. The AHRI standard polynomial equations are well suited to map the
performance of single-stage fixed-speed positive displacement machines, but present a number of
well documented shortcomings especially in the case of compression enhancements (e.g. oilflooding, injection, variable-speed). To this end, a Multi-Input Multi-Output Artificial Neural Network
(ANN) model has been developed to map the performance of single-phase and two-phase injected
scroll compressors. The ANN models are based on a multi-layer structure whose number of
neurons has been optimized to obtain high-accuracy predictions. The models have been
developed by using the open-source Keras package. The trained ANN models have been
compared with the current state-of-the-art correlations available and they outperformed the existing
correlations in terms of accuracy.
Keywords: Deep Learning, ANN, Modeling, Two-phase Injection, Vapor-Injection, Scroll
Compressor.

1. INTRODUCTION
Current vapor compression systems for residential, commercial, and industrial applications heavily
rely on positive displacement compressors. Accurate compressor models to predict the
performance within and outside their operating envelopes are very important to optimize the
systems in which they will be installed. Although, gray-box and white-box model categories are
able to provide deeper insights on the physics of the compressors, black-box models are still defacto standard in industry. Among black-box models, the third-order 10-coefficient polynomials
suggested by AHRI Standard 540 (2015) are still the preferred method by manufacturers to fit the
performance data of compressors in spite the fact that their limitations are well-known and proven.
In particular, by having no physical meaning, the extrapolation of the compressor performance
could lead to erroneous values. In addition, such models are fitted by fixing the compressor suction
superheat and subcooling before the expansion valve as well as the rotational speed. If the
operating conditions vary the superheat and subcooling, corrections are necessary (e.g., Dabiri
and Rice, 1981). Cheung and Wang (2018) provided a critical discussion about the extrapolation
capability of empirical and semi-empirical compressor models and associated uncertainties.
These considerations are particularly true when vapor compression enhancements such as liquid
flooding or single (vapor or liquid)/two-phase injection need to be captured by compressor mapping
methodologies. By limiting the discussion to economized injection cycles, the shortcomings of
AHRI polynomials in predicting the injected compressor performance have been investigated by
Tello-Oquendo et al. (2016) and Lumpkin et al. (2018). To this end, a number of authors have
addressed the need for accurate models to predict the performance benefits of single and twophase injection processes especially applied to fix and variable-speed compressors. Dardenne et
al. (2015) and Sun et al. (2018) developed semi-empirical models of vapor injected scroll
compressors by including essential physical elements to better capture the compressor behavior.
The added complexity to the models has been justified by the improved accuracy, increased level
of insights on internal losses, and reasonably fast models. Yet, these type of models require

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2673

adjustments prior being able to be used for different compressor types and, therefore, hard to be
included within a standard.
Machine learning techniques such as Artificial Neural Network (ANN) models represent an
alternative to common empirical and semi-empirical models and have been widely used to map the
performance of positive displacement machines, as summarized in Table 1. The reliability of such
models depends on the data set used for training the model and the extrapolation capabilities can
be challenging, as shown by Ziviani et al. (2018). Nevertheless, a general mapping methodology
based on an ANN model could be developed and included into a standard.
Until now, limited work can be found on performance mapping applied to liquid, vapor, and twophase injected compressors. For instance, Kim B.G. et al. (2017) and Kim D. at el. (2018)
employed detailed compressor models to perform in-depth analyses, but only Lumpkin et al. (2018)
proposed a general correlation to cover single and two-phase injection states.
The main contributions of the present work with respect to the available literature are as follows:
• develop of a MIMO (Multi-Input Multi-Output) ANN model of a vapor- and two-phase
injected scroll compressor;
• train and test the ANN model with both compressor calorimeter and in-system data;
• compare the ANN model with a state-of-art dimensionless correlation available in the
literature;
• assess extrapolation capabilities of the ANN model.
Table 1. Review of ANN model-based compressor mapping

Reference

Compressor type

Working fluid

Notes
Data: scroll
compressor 57 data
points; recip.
Fixed-speed scroll,
Compressor 33 data
R-410A
reciprocating, twinpoints; screw
(scrolls)
Yang et al. (2009)
screw compressors;
compressor 29 data
R-134a (recip.,
Variable-speed
scroll
points; variable-speed
twin- screw)
compressor
scroll compressor 175
data points;
ANN: MIMO model
Software: MATLAB
Single hidden layer
ANN;
Open-drive rotary vane
Sanaye et al. (2011)
R-134a
80 data points (80%
compressor
training; 20% testing);
Output layer: 𝑇!"# , 𝑚!
Open-drive variable
Single hidden layer
R-134a
Ledesma et al. (2014)
speed reciprocating
ANN;
R-1234yf
compressor
Output layer: COP
Single hidden layer
Open-drive variable
ANN;
Belman-Flores et al. (2015)
R-134a
speed reciprocating
Three
ANN
Ledesma et al. (2015)
compressor
models:  𝑇!"# , 𝑚! , 𝑊
63 data points (70%
training; 30% testing);
Comparison ANN and
ANFIS;
Variable-speed scroll
Zendehboudi et al. (2017)
R-410A
ANN model: single
compressor
hidden layer;
Optimized neurons: 68-5
Software: MATLAB
Vapor-injected
ANN model: multiZiviani et al. (2018)
R-407C
hermetic scroll
hidden layer; optimized
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compressor

neurons;
Package:
Keras1,
Theano

Figure 1: Experimental injection state points visualized on the p-h diagram of R-407C where the isoquality lines (0.5, 0.7, 0.9) are overlaid for completeness

Figure 2: Schematic of the MIMO ANN model

2. EXPERIMENTAL DATA AND MODEL DEVELOPMENT
2.1.

Experimental Data

To carry on the present study, experimental data of an R-407C hermetic scroll compressor (model:
ZF13KVE-TF5) with a single-port injection and a volumetric displacement rate of 14.1 m3 h−1 has
been obtained by installing the compressor in a compressor calorimeter as well as in a retrofitted
Environmental Control Unit (ECU) for military applications. Details regarding the compressor
calorimeter testing and the in-system compressor testing can be found in Lumpkin et al. (2018) and
1

Keras: The Python Deep Learning library (https://keras.io/)
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Bahman et al. (2018). It is important to mention that both systems included a plate heat exchanger
economizer with a down-stream extraction to allow refrigerant injection to the compressor. A
control strategy was implemented to control the refrigerant quality in the injection line. Fig. 1 shows
an overview of all the vapor and two-phase injection state points recorded (67 in total). An in-depth
discussion about the influence of single- and two-phase injection on the compressor performance
is provided in a companion paper (Bahaman et al., 2019).
2.2.

ANN Model Implementation

One of the objectives of this paper is to develop a MIMO ANN model to predict the performance of
a single- and two-phase injected scroll compressor. It is of particular interest to consider a shallow
neural network model, i.e. single hidden later, and optimize its number of neurons to achieve highaccuracy in the predictions. Additional background on ANN models can be found in Haykin (2009).
A schematic of the ANN model with input and output variables is shown in Fig. 2. The model has
been developed by employing the Keras API with Tensor Flow backend in the Python 3.6
programming language. The ANN model has been trained with 80% of the data points and the
remaining 20% has been used for testing. Due to the fact that the inputs to the ANN have different
nature (temperature, pressure, enthalpy), both training and testing data sets have been normalized
between 0.1 and 0.9:
𝑥! = 0.8

!!!!"#
!!"# !!!"#

+ 0.1

Eq. (1)

where 𝒙 is the actual data point, 𝒙𝒏 is the normalized data point, 𝒙𝒎𝒂𝒙 and 𝒙𝒎𝒊𝒏 are the minimum
and maximum values defined according the input type. The training process has been carried out
with the AdaMax algorithm by using the mean square error (MSE) as the objective function to be
minimized. Particular attention has been given to prevent overfitting during the training and testing
of the neural network model. In particular, optimization of the capacity of the network (number of
neurons), add weight regularization, and control the dropout rate are the major aspects considered
while developing the model. History plots of the training and testing processes allowed to optimize
the ANN model properly.

3. RESULTS AND DISCUSSION
The following sections discuss the accuracy of the developed ANN, compare the ANN model with
a state-of-art dimensionless correlation, and assess the extrapolation capabilities of the ANN
model.
3.1.

ANN model: Training vs. Testing

The ANN model has been trained with randomly-selected 80% of the total test points. Hyperbolic
tangent and linear functions have been used to activate the input layer and the output layer,
respectively. The selected number of neurons within the single hidden layer was 18, which gave
the minimum value of the MSE. Fig. 3 and Fig. 4 shows the resulting parity plots to compare ANN
model predictions with experimental data in terms of injected and total mass flow rate, discharge
temperature, and compressor input power. With the exception of the injected mass flow rate, the
other output parameters have been predicted with extremely high accuracy throughout the
operating range. The training results of the injected mass flow rate present a few points with higher
relative errors. It is suspected that the associated experimental points were affected by uncertainty
measurements due to the two-phase inlet conditions. The single hidden layer MIMO AAN model
has been proven to be accurate enough for the purpose of this study. Deeper networks have been
previously investigated by the authors (Ziviani et al., 2018) and resulted in similar overall accuracy.
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Figure 3: Comparison between measured and predicted values with ANN model for the injected mass
flow rate (left) and total compressor mass flow rate (right) where training and testing points are
shown.

Figure 4: Comparison between measured and predicted values with ANN model for the compressor
discharge temperature (left) and compressor input power (right) where training and testing points are
shown

3.2.

Dimensionless Correlation vs. ANN Model

Besides the accuracy of the ANN model predictions, it is interesting to compare such model with a
state-of-art dimensionless correlations developed to map the performance of single- and twophase injected compressor with fixed and variable-speed drives and different working fluids. As
described by Lumpkin et al. (2018), the correlations were developed by employing the
Buckingham-π theorem to determine the most important functional groups. The correlations have
been calibrated on the same data sets and using 80% of the total data, for consistency.
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Figure 5: Relative errors of ANN model and Buckingham- π correlations in predicting suction mass
flow rate and injected mass flow rate

Figure 6: Relative errors of ANN model and Buckingham- π correlations in predicting compressor
discharge temperature and compressor input power

By looking at Fig. 5 and Fig. 6, the ANN model is able to predict compressor calorimeter data and
in-system data fairly consistently. Whereas, the dimensionless correlations struggle in achieving
high accuracy with in-system data, especially with respect to the injected mass flow rates.
3.3.

Considerations on ANN Model Extrapolation Capabilities

The usefulness of the developed models is related to the possibility of integrating the compressor
performance within a cycle model in order to predict the system performance under different
conditions. To this end, it is important to ensure that the models can handle extrapolations. To test
the two models, a reference experimental data point has been selected. In particular, a data point
having high ambient temperature (324.8 K) and nearly saturated injection quality (0.96) has been
selected. By fixing the evaporating and condensing pressures, the injection quality has been varied
to evaluate the impact of vapor- and two-phase injection on the compressor discharge temperature
and input power. The results are shown in Fig. 7. To be noted is that both figures reports the
results for both ANN model and dimensionless correlations, and the reference data point is
overlaid.
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Figure 7: Parametric studies to evaluate the effect of injection inlet quality to the compressor
discharge temperature and input power where the reference data point used is overlaid

By analyzing the plots, it appears that the ANN models provide more reliable predictions than the
dimensionless correlations. In fact, the discrepancy between the numerical results and the
reference experimental data point is 1 K and 100 W for the discharge temperature and the input
power respectively. Whereas, the dimensionless correlations are significantly off and related to the
calibration process. The ANN model can also capture the behavior of the compressor power when
decreasing the injection quality. In fact, such trend has been experimentally captured by Bahman
et al. (2019).

4. CONCLUSIONS
This paper presents an assessment of employing MIMO ANN models to predict the performance of
compressors with single- and two-phase injection and both calorimeter and in-system test data.
Besides the accuracy of the ANN model which is typically well known, the study focused on the
comparison with state-of-art correlations for compressor mapping as well as extrapolation
capabilities. The results yielded the following conclusions:
• The ANN model was able to predict the compressor performance throughout the testing
conditions with both calorimeter and in-system data.
• The dimensionless correlations struggled with in-system data especially in predicting the
injected mass flow rate. The reasoning behind can be explained with the two-phase inlet
conditions that are affected by uncertainties. The ANN model was able to better handle
variations of physical behaviors related to measurement uncertainties.
• The ANN model showed reliable results while performing parametric studies.
As a closing remark, it is necessary to quantify the minimum number of data set required to
effectively train an ANN model and establish a numerical procedure to select data points within a
compressor envelope. The results of this study could lead to a new compressor mapping
procedure to be used by compressor manufacturers and HVAC&R industry.
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NOMENCLATURE
h
ṁ
p
Ẇ
T
x
API
ANN
ANFIS

-1

enthalpy (kJ∙kg )
mass flow rate (kg s-1)
pressure (kPa)
work rate (kW)
temperature (°C/°F)
quality (-)
Application Program Interface
artificial neural network
adaptive
neuro-fuzzy
inference
system

ECU
Subscript
amb
comp
el
ex
in
inj

environmental control unit (–)

su

supply

ambient
compressor
electric
exhaust
inlet
injection
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ABSTRACT  
The  development  of  high  temperature  heat  pumps  is  often  limited  by  the  quality  of  the  excess  waste  
stream.  For  processes  like  drying,  distillation,  frying,  pasteurization  or  evaporators  the  excess  stream  
is  often  a  combination  of  different  phases  (liquid  water  and  saturated  steam)  which  makes  the  system  
integration  of  a  heat  pump  challenging.    
Rotary   vane   motors   can   handle   two   phase   flows,   which   enables   especially   steam   application   to  
compress  the  excess  stream  directly  to  higher  pressure  and  temperature  levels  while  the  liquid  water  
phase  is  used  to  cool  the  compressor  simultaneously.  Experimental  results  from  a  prototype  oil-free  
rotary  vane  machine  is  presented,  and  its  performance  indicators  are  presented  and  discussed  in  
detail.  Two  approaches  to  determine  the  isentropic  efficiency  is  presented,  due  to  unconventional  
two-phase   mechanisms.   The   vane   compressor   is   evaluated   with   respect   to   industrial  
implementation.  
Keywords:  Steam  Compression,  Two-Phase  Compression,  Heat  Recovery.  

1.  INTRODUCTION  
Heat   pumps   has   been   identified   as   a   possible   technology   to   reduce   the   total   greenhouse   gas  
emissions  (Arpagaus  et  al.,  2018).  One  possible  application  of  heat  pump  technology  is  to  increase  
the  proportion  of  utilized  waste  energy  from  the  industry,  by  increasing  the  waste  stream  pressure  
and  temperature  to  a  re-useable  level.  For  the  current  and  near-future  heat  pump  technology,  the  
food  &  drink,  paper  and  chemical  industry  has  the  largest  potential  for  waste  heat  recovery  (Wolf,  
S.,   et   al.   (2014).   By   introducing   heat   pump   systems   such   as   MVR   or   direct/indirect   waste   heat  
compression,  the  main  energy  source  for  the  facility,  often  natural  gas,  can  be  significantly  reduced.  
There  is  a  lack  of  small-scale  heat  recovery  heat  pumps  in  the  range  of  0.5  to  4  MW  as  most  systems  
are   above   5MW,   especially   MVR   systems   (Tolstorebrov   et   al.,   2014).   Fans   or   blowers   are   often  
used,  which  has  limited  temperature  lift,  often  no  more  than  10K.  More  recently,  turbo  compressors  
are  used  for  steam  compression  which  has  high  volumetric  flow  and  temperature  lift  of  approximately  
20K  (Larminat,  2015).  They  are,  however,  very  sensitive  to  particles  and  droplets,  thereby  requiring  
superheated  steam.    
Industrial   waste   streams   are   often   governed   by   unstable,   particle   infested,   two-phase   flow   which  
makes  it  problematic  to  recover  the  heat  directly.  However,  vane  compressors  are  suitable  for  these  
conditions  due  to  their  robust  construction  and  relatively  low  RPM.  In  fact,  the  compressor  described  
in  this  paper  relies  on  liquid  water  on  the  suction  side  for  lubrication,  sealing  and  internal  cooling.  
This   paper   portrays   experimental   prototype   results   for   an   oil-free,   two-phase-water   rotary   vane  
compressor  which  is  intended  to  use  in  a  future  waste  heat  recovery  heat  pump  for  the  industry.    
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2.  METHOD  AND  MATERIALS  
2.1  The  compressor  
The  investigated  compressor  is  based  on  expander  technology  from  Kjell  Vadings  patented  
principle  (Vading,  2011)  
Conventional  rotary  vane  devices  are  positive  displacement  
machines  in  which  the  drive  shaft  are  driven  by  a  cylindrical  
rotor,   supported   eccentrically   within   a   cylindrical   casing  
having  a  larger  diameter  then  the  rotor,  so  that  the  rotor  and  
the   stator   tangents   in   one   line.   A   volume   is   then   formed  
between  the  rotor  and  the  stator,  and  this  volume  is  divided  
into  smaller  chambers  by  vanes  that  are  free  to  slide  radially  
in  and  out  of  the  rotor.  The  vanes  are  pushed  outwards  by  
springs  or  simply  by  centrifugal  forces,  and  their  extension  
is   limited   only   by   the   vane   tip   contacting   the   inner   casing  
wall.  A  closed  compression  or  expansion  chamber  is  then  
formed  between  2  vanes,  the  rotor  and  the  casing  wall,  and  
the  volume  of  this  chamber  decreases  as  the  rotor  rotates;;  
the   closer   the   chamber   comes   to   the   rotor-stator   tangent  
line,  the  smaller  it  gets.    
Figure  1:  Principal  sketch  for  a  vane  
Rotary   vane   compressors   are   known   to   be   simple,  
compressor    
effective   and   robust   machines,   being   highly   tolerant   to  
liquid   droplets   in   the   process.   However,   the   friction   occurring   in   the   contact   between   the   moving  
vanes  and  the  static  casing  sets  limits  the  size  and  volumetric  capacity  that  can  be  obtained  without  
allowing  the  working  fluid  to  be  contaminated  by  lubricating  oil.  
The   newly   developed   machine,   presented   in   this   paper,   is   similar   to   conventional   rotary   vane  
machines  in  that  they  have  a  similar  arrangement  of  rotor,  stator  and  vanes,  and  therefore  maintain  
the   advantages   of   the   conventional   rotary   vane   machines.   However,   in   the   new   machines   the  
problem  of  vane  tip  friction  is  solved  by  moving  the  control  of  the  vane  extension  to  the  center  of  the  
machine.   This   means   there   is   no   contact   between   the   vane   tips   and   the   casing.   The   geometric  
principle  of  the  new  machine  ensures  that  the  vane  tip  always  follows  the  casing  wall  with  a  small  
and  constant  clearance  to  the  stator  wall.  
Through  testing  the  compressors,  
they  have  been  proven  to  be  very  
tolerant   to   liquid   in   the   working  
media,   and   it   has   shown   that   so-
called   evaporative   compression  
can  be  realized  in  the  machines  by  
injecting   liquid   at   the   inlet,   in   the  
compression  chamber,  or  through  
liquid   supported   hydrostatic  
bearings,  which  is  a  key  enabling  
technology  in  the  current  designs.    
Evaporative   compression   is  
compression   of   a   two-phase  
working   fluid,   so   that   the   liquid   is  
evaporated  
during  
the  
Figure  2:  Evaporative  compression.  Ideal  case  and  actual  
compression   prosses.      If   the  
process  
working   fluid   is   still   in   the   two-phase   region   after   the   compression,   the   working   media   is   never  
superheated,   which   is   beneficial   both   for   the   compressor   itself   and   for   the   heat   pump   process  
efficiency.  Fig.  2  illustrates  how  the  ideal  and  the  actual  compression  looks  like  in  the  T-S  diagram.  
The  ideal  case  being  just  enough  liquid  on  the  suction  side  so  that  saturated  gas  is  formed  at  the  
outlet,  resulting  in  pure  saturated  gas  in  the  condenser.  However,  the  actual  process  requires  more  
liquid  for  sealing  and  cooling,  resulting  in  two-phase  outlet  conditions.  This  is  not  ideal  as  compressor  
energy  is  used  to  increase  the  pressure  and  temperature  of  the  liquid,  which  delivers  very  little  to  no  
energy  in  the  condenser.        
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2.2  The  test  rig  

  
Figure  3:  Schematics  for  the  compressor  test  rig  

The  working  medium  of  the  heat  pump  is  water,  which  is  circulated  in  an  open-loop  system  with  a  
buffer  vessel.  Heat  is  supplied  to  the  heat  pump  by  a  high-pressure  steam  feed,  which  is  expanded  
to   a   lower   pressure   and   desuperheated   before   being   supplied   to   the   compressor.   Compressed  
working   medium,   normally   in   the   two-phase   state,   is   condensed   in   the   condenser   by   a   supply   of  
cooling  water,  before  being  subcooled,  throttled  to  low  pressure  and  returned  to  the  vessel.  There  is  
also  a  liquid  water  injection  from  the  vessel  to  the  compressor  inlet,  resulting  in  two-phase  flow  at  
the  compressor  inlet.  
There  are  additional  streams  between  the  compressor  and  the  vessel,  representing  liquid  working  
media   to   be   injected   in   the   process   (both   directly,   and   indirectly   as   cooling,   bearing   and   sealing  
liquid)  and  liquid  separated  from  the  process  during  or  after  compression.  
Pressure   and   temperature   sensors   are   placed   before   and   after   the   important   components.   In  
addition,   flow   sensors   are   placed   at   the   compressor   inlet,   after   the   heat   exchangers   and   on   the  
compressor  draining  streams.  The  flow  sensors  are  of  the  type  vortex  meters,  temperature  sensors  
of   the   type   PT100   and   pressure   sensors   of   the   type   piezoresistive   element.   The   test   rig   is   well  
insulated  in  order  to  avoid  heat  loss  from  the  components  and  piping.  
The  usual  procedure  for  calculating  isentropic  efficiency  may  not  be  applicable  to  the  compression  
process  of  the  heat  pump,  due  to  the  challenge  of  defining  actual  inlet  and  outlet  enthalpies,  as  well  
as  defining  a  reversible  (ideal)  process  to  compare  with.  The  authors  could  not  find  any  data  in  the  
literature   on   isentropic   efficiency   for   two-phase   compressors.   Therefore,   regular   single-phase  
compressors  is  used  for  comparison    
While  inlet  enthalpy  may  be  determined  by  summing  up  the  enthalpy  f  lows  of  all  vapor  and  liquid  
inlets,  mixing  them  at  constant  pressure,  this  will  not  provide  a  good  representation  of  actual  inlet  
conditions  as  vapor-liquid  equilibrium  (VLE)  is  not  achieved  instantly.  Furthermore,  parts  of  the  liquid  
may  not  be  introduced  to  the  vapor  until  later  in  the  compression  process  and  is  thus  not  present  in  
the  supposed  inlet  equilibrium  mixture.    
Any  reversible  process  requires  the  fluid  to  be  in  thermal  equilibrium  throughout  the  process.  While  
the  ability  to  achieve  VLE  may  be  a  relevant  property  of  the  compressor,  VLE  may  not  necessary  be    
desirable  to  the  overall  performance  of  the  heat  pump,  and  a  part  of  the  liquid  passing  through  the  
compressor   may   deliberately   be   kept   from   reaching   equilibrium   with   the   vapor   phase.   The   idea   l  
process  to  compare  with  is  therefore  not  necessarily  compression  of  a  mixture  of  all  streams  entering  
the  compressor  at  continuous  equilibrium.  
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The  challenge  of  determining  inlet  and  outlet  enthalpy  is  purely  caused  by  limitations  in  measuring  
techniques.  Practical  and  robust  measuring  techniques  are  not  available  to  measure  vapor  fraction,  
except   for   vapour   quality   sensors   from   HB   (HBproducts,   2019).   However,   these   sensors   do   not  
operate  at  temperatures  above  100  °C.    

2.3  Compressor  isentropic  efficiency  calculation  

Heat   transfer   in   the   condenser   can   be   calculated   with   high   certainty   from   flow   and   temperature  
measurements  on  the  cold  side,  to  yield  the  amount  of  heat  that  is  received  on  the  cold  side.  Heat-  
and  mass  balance  can  be  used  to  calculate  hot  side  heat  transfer,  i.e.  the  amount  of  heat  that  is  
removed  from  the  hot  side.  This  will  however  require  knowledge  of  all  heat-  and  mass  flows  to  and  
from  the  compressor  and  is  thus  inherently  more  sensitive  to  measurement  errors.  
Valid  for  all  heat  transfer  in  the  condenser:  
𝑄"#$% = 𝑚(#( 𝛥ℎ"#$%                                                                                                         Eq.  (1)  
Where  𝑚+,+   is  the  total  mass  flow  in  the  condenser  hot  side  and  Δℎ"#$%   is  the  change  of  enthalpy  in  
the  condenser.  If  one  assumes  two-phase  flow  on  the  inlet  of  the  condenser,  the  following  equations  
apply:  
𝑄. = 𝑚/01 𝛥𝐻 + 𝑚(#( ℎ40(,678 − ℎ#:(                                                                           Eq.  (2)  
𝑄" = 𝑚" · 𝑐1," · 𝛥𝑇"                                                                                                         Eq.  (3)  
𝑄. = 𝑄" + 𝑄6#44                                                                                                               Eq.  (4)  
Eqs.  (2)  and  (3)  constitutes  two  different  methods  of  measuring  the  condenser  heat,  from  the  hot  
side  (h)  and  the  cold  side  (c).  The  condenser  is  designed  to  maintain  saturated  liquid  at  the  outlet,  
by  controlling  the  amount  of  cooling  water.  On  the  cold  side,  an  energy  meter  is  used  to  measure  
mass   flow   and   change   in   temperature   of   the   cooling   water.   Qloss   is   estimated   by   measuring   the  
surface  temperature  on  the  outside  of  the  insulation  around  the  condenser.    
For  an  ideal  process,  see  Figure  2,  the  isentropic  compressor  energy,  Wis,  can  be  defined:  
𝑊74 = 𝑚+,+ ℎ?@,40( − ℎ?A,74 = 𝑚+,+ Δℎ"#B1,74 = 𝑚CDE Δℎ"#B1,74                                       Eq.  (5)  
Where  Δℎ"#B1   can  be  determined  by  knowing  the  two  pressure  levels  and  ℎ?A,74 ,  which  is  known  
from  assuming  equal  entropy  through  the  compressor.  In  the  ideal  case  𝑚CDE = 	
   𝑚+,+   due  to  
saturated  steam  on  the  outlet.  The  definition  of  isentropic  efficiency  is:  
𝜂74 =

HIJ
H

	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  Eq.  (6)  

Where  W  is  the  measured  compressor  work.  If  one  assumes  no  subcooling  in  the  condenser,  the  
second  term  in  Eq.  (2)  is  eliminated.  Inserting  the  expression  for  the  mass  flow  from  Equation  2  
into  Eq.  (5),  a  new  expression  for  isentropic  efficiency  is  formed:      
𝜂74 =

KL ·M.NOPQ,IJ
H·MR

	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  Eq.  (7)  

The  COP  for  a  heat  pump  is  defined  by:  
𝐶𝑂𝑃 =

KL
H

	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  Eq.  (8)  

And  the  ideal  COP,  equal  to  Carnot  COP  if  the  temperature  levels  are  set  to  condensing  and  
evaporating  temperatures,  is  defines  as:  
𝐶𝑂𝑃7%V06 =

MR
M.NOPQ,IJ

	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  Eq.  (9)  

Eq.  (7)  can  therefore  be  re-written  to:  
𝜂74 =

WX?
WX?IYZ[\

	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
  	
                                                                                                      Eq.  (10)  
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Equation  10  essentially  says  that  the  deviation  in  obtainable  COP,  compared  to  the  ideal  case,  are  
inefficiencies   in   the   compressor.   In   a   real   system,   other   factors   like   heat   loss,   pressure   loss   and  
superheated  steam  loss  also  contribute  to  a  decreased  COP.  However,  for  a  two  phase-compressor,  
the   latter   is   non-existing.      Therefore,   by   estimating   heat   loss   in   the   compressor,   condenser   and  
piping,  the  isentropic  efficiency  is  well  estimated.  
Furthermore,  the  isentropic  efficiency  will  also  be  estimated  by  using  more  conventional  methods,  
Equation  6.  Here,  the  isentropic  compressor  work  is  calculated  by  assuming  VLE  at  the  compressor  
inlet  and  outlet.  

3.  RESULTS  AND  DISCUSSION  
In  this  part,  various  measurement  data  of  the  compressor  will  be  presented,  starting  with  pressure.  
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Figure  4:Pressure  measurement  (gauge)  at  the  inlet  and  outlet  of  the  
compressor  

The  suction  pressure  is  held  quite  stable  at  2.4  barg,  while  the  discharge  pressure  is  varying  between  
11  and  12.5  barg,  resulting  in  a  varying  pressure  ratio  between  4.5  and  3.5,  stabilizing  at  3.6  towards  
the  end  of  the  experiment.  The  mean  saturated  temperature  elevation  is  measured  to  be  53K  at  the  
inlet   conditions   presented   above.   However,   for   lower   inlet   pressure   the   temperature   elevation   is  
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Figure  5:  Designed  and  actual  volumetric  flowrate  at  the  compressor  
suction  
expected  to  be  less  due  to  fixed  compressor  volume  ratio  and  steam  properties.      
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The  designed  volumetric  flowrate  is  360  L∙s-1,  at  1000  RPM,  while  the  measured  flowrate  varies  just  
below  300  L∙s-1,  resulting  in  a  volumetric  efficiency  of  83%.  Volumetric  losses  occur  due  to  migrating  
steam   and   liquid   water   from   a   high-pressure   chamber   to   the   neighboring   low-pressure   chamber.  
Smaller  clearance  between  stator  and  the  vane  tips  together  with  better  vane  tip  design  is  thought  
to   increase   the   volumetric   efficiency,   which   in   turn   will   increase   the   thermal   capacity   of   the  
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Figure  6:  Mass  flow  of  suction  steam,  liquid  water  (sealer)  and  draining  
fluid  

compressor.      
The  mass  flow  balance  is  a  little  more  complex  due  to  multiple  inlets  and  outlets.  Even  though  the  
mass  fraction  of  vapor  is  around  1/3  of  the  total  flow,  it  dominates  the  volumetric  fraction  due  to  much  
lower   steam   density   compared   to   liquid   water.   At   the   inlet   conditions   presented   in   Figure   4,   the  
compressor   steam   mass   flow   is   measured   to   be   around   1600   kg/h.   Notice   a   considerably   higher  
mass  flow  of  liquid  water  which  is  used  to  lubricate,  seal  and  cool  the  compressor.  Around  300  kg/h  
of  water  is  drained  from  the  compressor,  in  addition  to  other  smaller  liquid  inlet  and  outlets.  
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Figure  7:  The  isentropic  efficiency  of  the  compressor  by  two  different  approaches  

Isentropic  efficiency  can  be  calculated  by  methods  explained  in  chapter  2.3.  The  two  methods  yield  
very   similar   results,   just   below   60   %.   Furthermore,   methods   are   currently   being   developed   to  
increase  the  isentropic  efficiency  and  will  be  tested  in  the  near  future.    
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Table  1:Averaged  experimental  KPIs  for  the  vane  compressor  

Averaged  KPIs  
Mean  suction  pressure  
2.4  
Discharge  pressure  
11.8  
Saturated  discharge  temperature  
190  
Pressure  ratio  
3.8  
Volume  ratio  
3.6  
Saturated  temperature  lift  
53  
Suction  steam  mas  flow  
1584  
Sealer  mas  flow  
3957  
Volumetric  suction  flowrate  
289.7  
Volumetric  efficiency  
83.0  
Isentropic  efficiency  (eq.  6)  
59.2  
Isentropic  efficiency  (eq.  10)  
58.3  
Shaft  power  
217.5  

barg  
barg  
°C  
-  
-  
K  
kg/h  
kg/h  
l/s  
-  
-  
-  
kW  

Condensator  capacity  

kW  

903.2  

  
Table  1  provides  an  overview  of  the  test  results  in  the  figures  above.  If  the  compressor  were  to  be  
used  in  a  heat  pump,  it  could  deliver  900  kW  of  heat  at  190  °C,  or  close  to  1600  kg/h  condensable  
steam,  from  3.4  bar  to  12.8  bar.  One  could  argue  that  even  though  the  compressor  efficiency  of  59  
%  is  not  that  high,  compared  to  other  single-phase  compressors  on  the  market,  the  overall  system  
COP   will   be   improved   due   to   no   superheating   at   the   compressor   discharge.   In   addition,   water  
generally  suffers  from  high  discharge  temperatures,  which  leads  to  compressor  sealing  difficulties  
and   decreased   condenser   efficiency.   This   problem   is   avoided   due   to   two-phase   flow   in   the  
compressor,   leading   to   higher   obtainable   condensing   temperatures   than   other   compressors.   For  
comparison,  the  isentropic  efficiency  for  rotary  screw  and  centrifugal  compressor  is  generally  in  the  
range  of  65  %  -75  %  and  70  %  -85  %,  respectively  (Campbell,  2014).  
It  is,  however,  difficult  to  directly  compare  efficiency  of  a  two-phase  compressor  to  that  of  a  single-
phase  compressor,  as  the  heat  transfer  between  vapor  and  non-evaporated  liquid  will  appear  as  an  
additional   mechanism   that   effects   the   efficiency   of   the   two-phase   compressor.   The   mass   flow   of  
steam  might  not  be  constant  through  the  compressor.  Further  experiments  are  needed  to  properly  
define   the   relation   between   surplus/deficient   gas   mass   flow,   which   directly   influence   the   thermal  
capacity  of  the  compressor.    

4.  CONCLUSION  
Compressor  characteristic  of  a  steam  based,  two-phase  vane  compressor  has  been  established  by  
an  experimental  approach.  The  suction  and  discharge  pressure  were  measured  to  be  around  3.4  
and  12.8  bar,  resulting  in  a  pressure  ratio  of  3.8.  The  actual  suction  volume  flow  was  measured  to  
be  290  l/s,  corresponding  to  1600  kg/s  steam  and  900  kW  condensable  thermal  power  at  3.4  bar.  
The  isentropic  efficiency  was  estimated  to  be  around  59  %,  from  two  different  approaches,  resulting  
in   nearly   the   same   outcome.   The   first   method   (eq.6)   is   based   on   measured   compressor   work  
compared  to  isentropic  work,  assuming  LVE  (liquid/vapour  equilibrium)  at  the  compressor  inlet  and  
trough  the  evaporative  compression  cycle.  The  second  compares  actual  heat  pump  COP,  including  
heat  loss,  with  ideal  COP  and  states  that  the  rest  of  losses  must  come  from  the  compressor.          
The  compressor  is  designed  to  be  installed  in  a  steam  generating  heat  pump.  Steam  is  the  preferred  
heat   carrier   in   many   industries   and   is   mostly   generated   by   natural   gas   boilers   today.   A   steam  
generating  heat  pump  can  therefore  help  the  industry  with  reducing  its  carbon  footprint.  In  addition,  
if  the  heat  pump  has  a  higher  COP  than  the  energy  price  ratio  for  electricity/natural  gas,  the  steam  
generating  heat  pump  will  also  reduce  the  total  energy  cost  for  the  company.  Results  in  this  paper  
demonstrates   that   this   compressor   has   the   potential   to   be   used   in   heat   pumps   to   elevate   waste  
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streams  more  than  50K  in  a  single  stage.  Even  higher  lifts  are  possible  when  using  a  bottom  stage  
heat  pump,  or  a  two-stage  setup.            
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Q   Heat  [W]  
h   Enthalpy  [kJ/kg]  
T   Temperature  [K]  

NOMENCALTURE  

m   Mass  flow  [kg/s]  
ΔH   Heat  of  fusion  [kJ/kg]  
cp   Heat  capacity  [kJ/kgK]  

W   Compressor  work  [kW]  
η   Efficiency  [-]  
COP   Coefficient  of  performance  
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ABSTRACT
Ice storage systems are commonly used to balance the intermittency of renewable energy and
decrease the peak load by switching to off-peak hours. An adequate model is necessary to predict
the behaviour of these systems. However, there is a scarce in detailed models available used to
describe the performance of an ice storage evaporator and its use in a refrigeration cycle. Most
existing models approximate the working principles with a steady analysis, not considering the sub
cooling of ice and thickness distribution along the length. The developed model in this article uses a
discretisation in length and radial direction together with an adapted thermal resistance matrix
method to limit the calculation time. It has a great variability of boundary conditions and the ability to
implement different types of refrigerants. The simulation results are in good agreement with the data
of the manufacturer. The model shows that switching from R404A to R449A reduces the total
electricity consumption.
Keywords: Cold Storage, Evaporator, Ice Bank, Modelling, R404A, R449A

1. INTRODUCTION
Present day, renewable power generation is quickly growing all over the world. Questions arise about
their intermittent generation and as a result the continuous need of backup systems which are more
polluting (Steinke et al., 2013). Moreover, the boost of air conditioning systems with a growth from
1.6 billion today to an expected 5.6 billion by 2050 requires a new electricity capacity equivalent to
the combined electricity capacity of US, EU and Japan today. Together with this, air conditioning
systems are also responsible for a major part of the peak loads, especially during the summer and/or
in hot climates (Goetzler et al., 2016). During these peak moments, less efficient and more polluting
peak plants are required. To balance both the demand and the intermittent generation of renewable
energy methods, a storage method can be used to introduce both a spatial as well as a temporal
dissociation between production and usage. This paper focuses on the use of a cool thermal storage.
The charging during off-peak hours or when there is a surplus of renewable energy has the possibility
to drastically reduce the peak load and consequently electricity costs by switching parts from on- to
off-peak hours (Cárdenas & León, 2013; Saito, 2002).
Different cool thermal storage options exist, but the focus in this paper is on ice thermal storage
which benefits from the large value of the latent heat of fusion compared to the sensible heat. In a
narrow temperature range, a high volumetric capacity can be reached with these systems (BioscaTaronger et al., 2012). An ice-on-coil external melt system will be discussed in this work, which is
charged by a refrigerant flowing inside the coils and discharged by water flowing over the ice coils
(see Figure 1). Consequently, no ice bridging between the different coils is allowed to ensure the
circulation of the water over the ice coils during discharging. Ice is formed outside of the coils and
due to the increased thickness of the ice, the thermal resistance of the ice rises and as a result, the
effectiveness decreases. This is a characteristic of a static thermal energy storage; the ice is built
and stored at the same location and no complex harvesting techniques are required in contrast to a
dynamic thermal energy storage (Saito, 2002).
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Figure 1: Ice-on-coil external melt working principle (Baltimore, 2019)

With a constant evaporator temperature, the ice thickness increases non-linearly with a decreasing
slope due to the increased thermal resistance with ice thickness. Consequently, the evaporating
temperature has to be decreased to ensure the uniform continuation of the ice formation when
connected to a condensing unit. Due to the decrease in evaporating temperature, the cooling power
delivered by the condensing unit/refrigerant decreases as well. Most numerical models approach the
working principle of the ice storage as a perfect heat transfer of two flows. The ice formation is
obtained by Qice = ΔTf ṁf cp,f in the case of a single phase coolant, with Qice the cooling capacity, ΔTf
the difference between the inlet and outlet temperature of the charge flow, ṁf the mass flow rate of
the charge flow and cp,f the specific heat capacity of the charge flow (Vetterli & Benz, 2012).
Moreover, environmental conditions and consequently losses to the environment are not taken into
account in most models found in scientific literature. To take into account the increase of ice
resistance and therefore the decrease in effectiveness, an effectiveness curve ε in function of the
fraction of ice is implemented in the majority of the models. This curve is obtained from experimental
data and is added to the equation for the cooling power: Qice = ε ΔTf ṁf cp,f. This equation is used
both for the charging and the discharging process with a different slope (Candanedo et al., 2013).
This gives an idea about the cooling power, but no further insights in the working principle or possible
adaptations/optimisations can be obtained from these models.
Furthermore, a switch from R404A to R449A is recently proposed in the refrigeration systems due
to its lower global warming potential which is almost three times smaller. As with R404A, no chlorine
is present in R449A and consequently, the ozone depletion potential is zero. Little research has been
done, but the results are promising: similar energy performances are obtained after the switch. The
major drawback is found in the temperature glide of 5.8 °C at 0.1 MPa for R449A which is only 0.8
°C at the same pressure for R404A (Makhnatch et al., 2017; Tecumseh, 2016). Because of the lack
of adequate models to predict the performance of ice-on-coil external melt storage systems, a
dynamic model is developed in this work, with a great variability of boundary conditions and the
ability to implement different types of refrigerants. With this model, the two refrigerants R404A to
R449A will be investigated.

2. DYNAMIC NUMERICAL MODEL
The numerical model is based on the thermal resistance matrix method for one phase
materials/fluids, although adapted to account for phase changes. The different nodes i are thermally
connected to each other and as a result, this method is based on the discretized energy balances
between the nodes. The node temperatures are obtained in the regular thermal resistance matrix
method by T=K-1b with K the conductance matrix, T the array of node temperatures and b the array
of heat inputs:
Kij = Kji = Rij-1 = Rji-1
Eq. (1)
Kii = -(Σj≠i Kij + Σ Rext,i-1 + mi cp,i Δt -1)
-1

-1

bi = -(Qi + Σ Text,i Rext,i + mi cp,i Δt Ti,t-1)

Eq. (2)
Eq. (3)

Where R is the thermal resistance, i and j represent the different nodes, mi the mass in node i, Δt
the discretised time step and ext refers to external nodes. When a phase change occurs, the
temperature stays constant and only the enthalpy changes. As a result, the previously defined
equations can no longer be used for this node. The array of node temperatures T is changed to an
array of node temperatures and/or enthalpies TH where THk is the enthalpy in node k; the node
where ice is formed or melted. The other elements still represent the corresponding node
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temperature. Consequently, column k in the K matrix that interacts with THi has to be adapted. A
characteristic of node k with an enthalpy in the range [-Hlat;0] is that the temperature is equal to the
melting temperature until the enthalpy exceeds the limits of the range defined. An enthalpy of zero
is considered for water at melting temperature and an enthalpy of -Hlat corresponds to ice at melting
temperature. The regular resistance matrix method can be used with the following additions to
account for the change from temperature to enthalpy for one node:
Kkk = -mk Δt-1

Eq. (4)
Eq. (5)

Kk±1,k = 0
-1

-1

-1

bk = Σi≠k Kki Tmelt + Σ Tmelt Rext,k – (Qk + Σ Text,k Rext,k + mk Δt Hk,t-1)
-1

-1

bk±1 = -Kk,k ±1 Tmelt – (Qk±1+ Σ Text,k±1 Rext,k±1 + mk±1 cp,k±1 Δt Tk±1,t-1)

Eq. (6)
Eq. (7)

The energy balances are based only on sensible heat for layers with only ice or only water. A layer
which is partially filled with ice is based on the latent heat and consequently, the enthalpy difference
with a known temperature and state.
A division into different layers and in sections of length is proposed in this model. The outer radius
of the last layer is defined by the maximum radius the ice can reach to ensure no ice bridging. Due
to the division into different layers, a thermal capacitance per layer is taken into account and every
time step the total ice layers are calculated to update the ice resistances. This division in sections of
length is introduced to take into account the effect of the temperature glide of the refrigerant which
is not negligible for R449A, and consequently resulting in a different ice thickness over the length of
the coil. The energy balances obtained from this division into different layers are visualized by the
thermal equivalent circuit shown in Figure 2 for an example with two full ice layers and a division into
four equivalent layers.

Figure 2: Thermal equivalent circuit for two full ice layers.

The heat transfer of the refrigerant at the inside of the coil which is a two-phase flow, is calculated
with the Shah correlation (Shah, 1976) for heat transfer during boiling flow through pipes (Lee &
Jones, 1996). This correlation is based on the consideration that the nucleate boiling and the
convective boiling are the two most important heat transfer mechanisms where the larger one is
chosen as the value to approach the local two-phase boiling heat transfer coefficient. The heat
transfer at the outside of the coil is dependent on the mass flow rate of the water or in general when
charging or discharging occurs. In case of a mass flow of water (during discharging), forced
convection correlations are used which are based on the Reynolds number, Re=v ρ (2r) μ-1, with v
the fluid velocity, ρ the density, r the ice radius and μ the fluid viscosity. During charging, there is no
incoming mass flow rate of water, so natural convection occurs and this is based on the Rayleigh
number Ra. The Rayleigh number (a dimensionless number defining whether heat in a fluid is
transferred primarily by free convection or conduction) is expressed by Ra=(2r)3gβ(Twall - T∞) ρ2cpμ-1
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with β the thermal expansion coefficient, Twall the outer temperature of the (ice) coil and T∞ the
average tank temperature. The density curve of water has its maximum point around 4 °C so further
cooling down shows a negative thermal expansion coefficient and a switch of the stratification of the
water inside the tank.
Convection correlations from scientific literature are compared which are able to handle this sign
difference and the correlation of Merk is chosen in the model. This correlation is based on a cylinder
in a tank with a certain bulk water temperature similar to an ice storage tank and experimental results
found in literature showed a small deviation for a large range of conditions (Yen, 1990). This
correlation only describes the heat transfer from bulk fluid temperature to the tube wall, but does not
provide a temperature distribution of the fluid around the coil. The flow characteristic per layer and
consequently the temperature in the middle of this water layer is approached by a division of the
outer resistance equally between every node. As a result, a temperature gradient is obtained
between the bulk temperature and the water layer temperature closest to the coil. For the discharging
process, on the other hand, the whole tank is assumed to be perfectly mixed due to the circulating
water and no temperature gradient is present close to the coil. With this approach, every node has
the same temperature as the tank temperature on that height level. The ambient conditions are taken
into account by the calculation of the losses to the environment. At the outside this is based on
natural convection of the air. Dependent on the mass flow rate of water, forced or natural convection
correlations are used at the inside of the wall.
During the discharging, water is circulated through the tank with a certain mass flow rate and to
facilitate this discharging process, air is introduced from an air blower. This air is released at the
bottom of the tank through pipes with a small perforation. Two sources of heat inputs (incoming water
and air flow) are present and are taken into account, but only the water flow is taken into account to
calculate the forced convection resistance. Nevertheless, air will promote the heat transfer, so an
enhancement factor can be estimated based on experiments to reduce the deviations between the
simulations and the experiments.

3. SIMULATION RESULTS
3.1.

Evaporator model

The described model is further used to simulate a 1.28 m high, 1.15 m wide and 1.8 m long ice
storage tank with five evaporator coils of 13.85 m long and with an outer diameter of 6.25 mm. The
coils are made of copper and are positioned such that the maximum ice radius on a coil before ice
bridging is 38 mm. The simulations are done for only one coil, so the total length of the tank (1.8 m)
is divided by 5. In this part (evaporator model), a constant refrigerant inlet temperature and mass
flow rate are assumed. Both a charging cycle and discharging cycle are investigated.
3.1.1. Charging cycle
First, the charging of the ice tank is evaluated with the refrigerant R449A at 270 K inlet temperature
and a mass flow rate of 0.0084 kgs-1, which is equally distributed over the 5 coils. The water in the
tank is initially at 278 K and the ambient temperature is 293.15 K. The simulations are done with a
time step of 180 s and the total charging time is 5 h. In Figure 3 and Figure 4 a comparison is shown
between the total ice capacity after 5 h of charging and the amount of respectively layer or section
divisions that were used in the simulation. The temperature glide has been neglected if the length is
not divided into different sections. As a result, this case is an overestimation of the cooling capacity.
This error drops quite fast and from the moment the length is divided into 15 sections the relative
error is below 1 % compared to the defined limit value of 40 which is visualized in Figure 3.
A small amount of different layers is expected to be an overestimation of the system because the
temperatures taken are only an average over the entire layer, which introduces an error on the ice
formation. With a division into layers, a relative error of less than 0.2 % is reached with a division
into 25 layers compared to the defined limit value of 60 divisions. The defined limit values are
visualized in the graphs by the dashed line (Figure 4). The evaporator model for charging is further
validated by the evaluation of the equality of the energy balances. The cooling power supplied by
the refrigerant should be equal to the energy used to cool the ice/water and the losses to the
environment. The difference does not exceed 0.2 W in absolute terms, which is a consequence of
the iterations that are done to converge the model.
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Figure 3: Influence of the total amount of
section divisions on the total capacity of ice per
coil after 5 hours of charging.

Figure 4: Influence of the division into
different layers on the total mass of ice
after 5 hours charging.

3.1.2. Discharging cycle
The discharging time is evaluated to validate the time span of discharging which should be in the
range of 30 to 60 min according to the manufacturer. At the start of the discharging, the tank and
content are at a temperature of 273.65 K and with a 55.4 kg initial mass of ice. The mass flow rate
of the hot water entering the tank is 1.933 kgs-1 and is assumed to be divided equally over the 5
coils. With a varying inlet temperature of the water, the mass of ice per coil is visualized within time
in Figure 5. In Figure 6 the effectiveness curve in function of the fraction of ice of the discharge
simulation is compared to one from Henze and Krarti (Ihm et al., 2004), and they show a similar
trend. Next to these validations, the energy balances are compared to ensure no energy is lost. No
iterations occur here, because the forced convection correlation is independent of unknown
temperatures in contrast to the charging process. As a result, the absolute error is at its maximum
12x10-5 W.

Figure 5: Mass of ice during a discharging
process with a varying inlet water temperature.

3.2.

Figure 6: Effectiveness curve in function of
the fraction of ice obtained from the model
and according to Henze and Krarti. (Ihm et
al., 2004)

Evaporator model coupled to condensing unit

Next the evaporator model is coupled to a condensing unit. Based on data of the condensing unit
TFHT4531ZHR from Tecumseh (Tecumseh, 2016), polynomials are obtained by data fitting for the
cooling power and mass flow rate of the refrigerant. The model is connected to these data and
iterated till the cooling power in the model is equal to the cooling power delivered by the condensing
unit. The cooling power delivered by the refrigerant drops after time due to the increased thermal
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resistance of ice. To ensure the ice formation, the evaporating temperature and mass flow rate of
the refrigerant decreases as well. With initially no ice in the tank and an initial temperature of 273.65
K, a charging time of 5.9 h is achieved.
3.2.1. Comparison R404A and R449A
Recently, a switch from R404A to R449A in air conditioning systems is proposed. A lower GWP and
ODP are the reasons for this switch but little research has been done on the effect on the
performances of this switch. Based on simulations of a charging cycle with both refrigerants, they
can be compared under the same conditions and with the same condensing unit. The differences in
performance after a charging cycle of 5.9 h are shown in Table 1 for the two refrigerants. The total
mass and capacity of ice is larger with the use of R404A, which can be explained by the more even
distribution of the ice thickness along the length. This can be seen in Figure 7 where the thickness
distribution along the length is shown. The more even distribution results in a higher total mass of
ice when one point reaches the maximum radius. Furthermore, the opposite sign of the slopes is
clearly noticed. This phenomenon is explained by the combination of a different temperature glide
and the convection coefficient by boiling along the length.

Table 1: Performance comparison after a
complete charging cycle.

Parameter

Theoretical
R449A R404A
maximum

Ice mass [kg]

55.4

51.1

52.8

Ice capacity [MJ]

18.5

17.3

17.9

Figure 7: Ice radius distribution along the length.

The convection coefficient increases along the length because the boiling phenomenon is more
profound when a larger vapour fraction of the refrigerant is present. As a result, the ice formation is
expected to be enhanced along the length which is the case for R404A. However, the heat transfer
is also dependent on the temperature difference between fluid and wall. The temperature glide of
R449A is larger than the decrease in temperature difference between the refrigerant and the tube
wall due to an increase in convection coefficient. The difference of the temperature glide between
the two refrigerants is shown in Figure 8.
A drop of the evaporating temperature, visualized in Figure 8, is needed to ensure the continuation
of the ice formation. Moreover, it also corresponds to a drop of the mass flow rate, which is a result
of the constant volumetric flow rate of the compressor. Based on the storage capacity after the
complete charging cycle, the switch from R404A to R449A would not be suggested. However, some
additional benefits next to the decreased environmental impact are obtained. We can also determine
the performance of the condensing unit by its coefficient of performance (COP):
COP = Q W-1

Eq. (8)

With Q the supplied cooling power and W the needed electric power input. The COP decreases with
time as a result of the decreased evaporating temperature. The COP, visualized in Figure 9, is
continuously larger (on average 10%) for R449A compared to R404A. As a result, the electricity
consumption is lower.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2695

Figure 8: Inlet and dew evaporating temperatures
during a complete charging cycle.

Figure 9: Coefficient of performance during a
complete charging cycle.

4. CONCLUSIONS
A dynamic numerical model is developed in this work, based on the thermal resistance matrix
method. It is capable to perform simulations on both the charging as well as the discharging process
of an ice-on-coil external melt system and shows great similarity with data provided by the
manufacturer and effectiveness curves from scientific literature. Numerical results indicate that an
increased division in sections and layers converges to a defined limit value. The charging cycle is
evaluated with the connection of the evaporator model to a condensing unit to study the effect of
different refrigerants. To ensure the continuation of the ice formation with the increased ice thermal
resistance, the inlet refrigerant temperature drops from 269.1 K to 263 K and as a result, the COP
of the system decreases from 2.7 to 2.25. In the end a cooling capacity of 86.5 MJ is obtained (with
five coils) and a total mass of ice of 255.08 kg. This is a deviation of 6.74 % in total ice capacity and
7.92 % in total mass compared to the theoretical maximum values. Furthermore, it was found that
the switch of refrigerant from R404A to R449A is not only supported by its lower GWP and ODP
value, but also by the increase in COP of around 10 %. However, numerical simulations showed a
more uneven thickness distribution of R449A compared to R404A. As a result, the mass of ice is
1.823 kg lower and the corresponding ice capacity is 617 kJ lower per coil. To support the findings
in this paper, an experimental setup is being constructed to validate the model thoroughly. With this
validated model, it will be possible to design more efficient ice storage tanks.

NOMENCLATURE
b
cp
COP
ext
g
GWP
H
Hlat
i,j,k
K
m
ṁf
ODP
Qice
Q
r

input array (W)
heat capacity (J kg-1 K-1)
coefficient of performance (-)
external nodes
gravitational acceleration (m s-2)
global warming potential (-)
enthalpy (J kg-1)
latent heat (J kg-1)
node indices
thermal conductance (W K-1)
mass (kg)
fluid mass flow rate (kg s-1)
ozone depletion potential (-)
cooling capacity (W)
heat (transfer) (W)
radius (m)

R
Ra
Re
T
Tmelt
Twall
T∞
v
W
β
Δt
ΔT
ε
μ
ρ

thermal resistance (K W -1)
Rayleigh number (-)
Reynolds number (-)
temperature (K)
melting temperature (K)
outer temperature of the (ice) coil (K)
average tank temperature (K)
fluid velocity (m s-1)
electric power input (W)
thermal expansion coefficient (K-1)
discretised time step (s)
temperature difference (K)
effectiveness (-)
dynamic viscosity (Pa s)
density (kg m-3)
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ABSTRACT
Our daily life is overwhelmed by artificial intelligence. This technology performs extremely well, so
we look towards in its implementation in thermal regulation processes. What gains can we expect
between a conventional PID regulator and a fuzzy logic one? To get an idea, we used as an
experimental work a condensing unit used for testing display cabinets according to EN ISO 23953
regulation. This condensing unit was chosen due to its transient respond where usual regulation
systems failed to ensure stabilisation.
Keywords: Control, Regulation, Neuronal Network, Tests, Laboratory, Optimization.

RESUMÉ
Notre quotidien est envahi par l’intelligence artificielle. Cette technologie réalise des prouesses et
c’est naturellement que nous nous sommes intéressés à son implémentation dans des processus
de régulation thermiques ? Quels gains peut-on penser espérer obtenir entre une régulation dite
classique avec les PID et logique floue. Les critères considérés portent sur la susceptibilité de ces
systèmes de régulation vis-à-vis des objets soumis à essai, sur le temps nécessaire pour obtenir
une stabilité thermique et sur l’écart de consigne obtenu. Le banc d’essais pris en exemple est
celui utilisé pour réaliser des essais sur des meubles frigorifiques de vente selon la norme EN ISO
23953.
Mots clefs : Contrôle, régulation, réseau neurones, essais, laboratoire, optimisation.

1. INTRODUCTION
The vast majority of industrial installations prefers the use of proven regulation technologies. As
such, the PID regulator (Proportional, Integral, Derivative) is the most widely used in industrial
processes for its simplicity of application and its correction qualities that apply to lots of physical
quantities. The optimum of this regulation is defined by the operator who chooses a balance
between the robustness, the speed and the precision. Robustness describes the regulation ability
to function satisfactorily even if the process’ transfer function varies a little. Speed describes the
ability of the controller to reach and maintain the controller near the setpoint. The accuracy
describes the static error of the process value in relation to the controller setpoint. In the case
where the process is composed only by a single servocontrol structure, several known methods
can be successfully exploited including those of Ziegler-Nichols, Naslin, etc to find out how to
adjust the PID regulatorin. In the case where the process consists of several structures of PID
regulator who can interact one to another, then the usual adjustment methods become difficult to
implement and / or require the use of other regulation technologies. In the last case, will such
systems be able to propose an acceptable solution for regulation? What about fuzzy logic? What
gains can we draw? In order to answer these questions, a test bench used in the laboratory was
selected where PID regulator and fuzzy logic was intended to be fit in.
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2. THE TEST BENCH
The chosen test bench has been developed in order to meet the requirements described in the test
standard NF EN ISO 23953 for remote refrigerated display cabinets. The test laboratory already
has a HFC condensing unit that requires the simultaneous operation of four independent PID
regulators. The new test-bench operates with CO2 (R744) and requires eight regulators. The
fundamental differences between the HFC bench and the CO 2 bench are the stronger regulators
mutual interaction (process-related), a lower ratio between the actuators’ speed compared to the
processes values and a greater internal bench pressures susceptibility in regards of the
compressors frequency.

Figure 1: CO2 test bench diagram

The test bench is a booster type refrigerating compressor with two compressors in series. A
compressor passes the gaseous CO2 from an evaporation pressure of 26bar (-10°C) to a pressure
of 90bar at which the CO2 is in the transcritical state and will cool down. The second compressor
compresses the CO2 from 12 bar (-35°C evaporation pressure) to 26 bar (-10°C intermediate
pressure between the two compressors). A flash-gas valve evacuates the gases present in the
bottles (flash tank) to maintain a supply pressure of 40 to 45 bar. Since the cooling capacity of
each display cabinet to be tested differs, an off-load exchanger is installed to ensure operation
even if no heat load is apply to the test bench. The display cabinets are connected on the low
pressure part, the two compressors operating continuously in series with an adjustment of the
evaporation pressures by the use of pressure maintaining valves.
Any condensing unit conforming to EN ISO 23953 test standard specifications shall ensure the
following conditions:
• The refrigerant is at the evaporating pressure or at the temperature at the outlet of the
cabinet specified by the display cabinet manufacturer,
• The display cabinet is supplied with liquid without any steam or at a temperature no higher
than 10°C above the specified test chamber temperature or, if applicable, to the subcooled
liquid temperature if specified.
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Each functional parameter of the CO2 condensing unit to be regulated is sensitive to several
actuators but only one of them has a major effect. In the interest of simplification and
representation, the links between parameter and actuator are shown in the table below.
Where
Transducer label
(cf. figure 1)
Actuator
(cf. figure 1)

Table 1: Links between the transducers and actuators

Low pressure LT

Intermediate
pressure

Gascooler
pressure

Flashgas
pressure

P1

P2

P4

P6

Compressor
HT

HP valve

Flashgas
valve

Compressor
LT

Where

Liquid line
pressure

Transducer label
(cf. figure 1)
Actuator
(cf. figure 1)

P5

Unload
valve

Liquid line Variable test Gascooler
temperature
load
outlet
pressure
temperature
T5

Subcooling valve

P8

T4

Pressure
test load
valve

Gascooler

Unload
heat
exchanger
outlet
pressure
P7
Pressure
unload
valve

The regulation of the CO2 condensing unit is a copy of the one use in the HFC condensing unit. In
other words, the regulation of each parameter is entrusted to a dedicated PID regulator
independent of the others.

3. PID REGULATOR
The HFC condensing unit tests have shown that the performance of PID regulation makes it
possible to comply with the specifications of the EN ISO 23953 standard. The rendering of one of
the condensation group acceptance tests is proposed below:
The display cabinet manufacturer specifies the operating conditions of the furniture:
• Refrigerant fluid : R404A,
• Evaporating pressure : 5barr,
• Superheat : 5K,
• Liquid subcooled temperature: 40°C.
During the test, there was never any visible vapor in the sight glass at the output of the flowmeter:
The refrigerant charge has been adjusted to ensure sufficient subcooling to avoid any presence of
vapor bubble on the supply line of the display cabinet. A data acquisition rate of 10 seconds was
chosen and the measurements made are presented below.
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Table 2: Operating parameters of the HFC condensing unit table.

12/01/2017
display cabinet manufacturer
conditions
Mean
Minimum
Test conditions
Maximum
Standarddéviation
Conditions déviation manufacturer
vs test conditions

Evaporating
pressure
(bar relatif)

(K)

Liquid subcooled
temperature
(°C)

5

5

40

4.88
4.81
5.32

5.73
1.08
8.46

40.58
38.80
42.56

0.04

0.64

0.35

0.12

0.73

0.58

Superheat

The evaporation pressure average deviation between the one required by the display cabinet
manufacturer and the one measured is equal to 0.12 bar. This variation can be explained by a
refrigerating power call when the display cabinet is in cooling down the goods following a defrost,
which momentarily generates high pressure. The uprising frost in the exchanger causes a
decreasing of the evaporation pressure due to the reduction of the heat exchange. These two
characteristics are therefore intrinsic to the operation of the refrigerated display cabinet.
The display cabinet superheat is controlled by an internal expansion valve fit in the cabinet and the
superheat is function of the evaporation pressure. This parameter can be set by the user of the
display cabinet. In this test, it has been set to obtain good operating conditions, but hasn’t been
readjusted as soon as the display cabinet was under tests.
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Liquid subcooled temperature is fully controlled by the HFC condensing unit, there is a difference
of ± 0.58K between the average temperature and the desired set-point by the customer.

Process
value
Setpoint

Figure 2: Liquid subcooled temperature evolution.

The HFC condensing unit regulation transposed to the CO 2 condensing unit does not give the
same result. The functional parameters of the bench can be maintained once the stabilization has
been reached by a manual override. It is important to note that the parameterization method was
carried out in the same way as for the CO 2 bench using the so-called "Auto-tune" mechanisms
integrated into the regulator. Further parameterization tests were carried out using the step studies
or by the method of Broida. The stability of the bench has not been improved or even its ability to
reach a stability point after starting. As such it seems that PID controllers are not suitable for this
type of editing where different constants of time and dynamic behaviors occur.
Table 3: PID parameters according to the Broida method Château et al. (2011)

Regulator type

P

PI

PID

K

𝟎. 𝟖𝝉
𝑻𝑲

𝟎. 𝟖𝝉
𝑻𝑲

𝝉 + 𝟎. 𝟒𝑻
𝟏. 𝟐𝑻𝑲

𝑻𝒊

-

𝑻𝒅

-

𝑲

𝑻
𝟎. 𝟖

𝑲

𝑻
𝟎. 𝟕𝟓

-

𝝉

𝟎. 𝟑𝟓
𝑲
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Figure 3: Steps answers for 2nd order systems Curtil (2007)

The CO2 condensing unit regulation by PID regulators was not convincing. It was necessary to turn
to other regulation techniques. Knowing that, by experimenting on the condensing bench, the
human drivers had acquired good abilities to anticipate the behavior of the parameters, the choice
naturally fell on a regulation by the fuzzy logic which makes it possible to transcribe the human
actions in a functional logic diagram. The interest is to valorize the analysis of human by injecting it
into an automaton taking into consideration that an automaton can observe at every moment the
operating parameters and thus obtain a much better regulation.

4. FUSSZ LOGIC
Fuzzy logic can be deployed when there is human know-how. If this is the case, it can be
transposed into fuzzy rules which are themselves easily understood by the user. The collection of
know-how is therefore an important step in the implementation of fuzzy logic regulation. The other
interest of fuzzy logic also lies in the fact that it is not necessary to get the transfer function of the
condensing unit to implement efficient regulation. As it seems that the impact of the CO 2
condensing unit actuators have global impacts more or less weighted on the quantities to be
regulated, the fuzzy logic seems to provide a valid solution.
User level

Knowledge
collection

Principle
validation

Programming
level

Operation
validation

Rules and membership
functions
Implementation

Open loop test
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Figure 4: Methodology of conception Chevrie et al. (1998)

The primary elements of a fuzzy logic model are (1) fuzzy sets, (2) membership function (3) IFTHEN rules AZIZ (2015). A fuzzy set is labeled by a linguistic term, and the linguistic term is a
word such as Negative Big (NB), Negative Small (NS), Zero Low (ZL), Zero (Z), Positive Small
(PS), Positive Big (PB), etc… The fuzzy sets and IF-THEN rules construct a rule base of fuzzy
logic model. Membership function is the effective method for comprehensive evaluation based on
multi factors. Membership function is a curve that deﬁnes how each point in the input space is
mapped to a membership value between 0 and 1. It provides a measure for the degree of an
element to a fuzzy set. It fully deﬁnes fuzzy set and it can take any form, but there are some
common examples that appear in real applications. There are different shapes of membership
functions: triangular, trapezoidal, piecewise-linear, Gaussian and so on. In most literature,
triangular membership functions are used due to having ﬂexible formula to calculate KUMAR ET
AL. (2014), YANG ET AL. (2016).

Figure 5 : Input variable, Error Zainal et al. (2019) .

Figure 6. Input variable, change of error Zainal et al. (2019).

Compressor frequency

Figure 7. Output variable, actuator positioning.
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5. CONCLUSION
Unfortunately, the laboratory was unable to implement the fuzzy logic in the CO 2 condensing
bench as specific component came to break, prevented its completion. Nevertheless, the
laboratory's appropriation of fuzzy logic enabled it to perceive its interest for at least one good
reason: It is societal aspect thanks for the preservation of the know-how.

REFERENCES
Aziz, A., 2015, A new perspective on the choice of fuzzy membership functions in multitarget
tracking systems, Aerospace Conference, 2015 IEEE. 1-8
Chevrie, F., Guély, F., 1998, Cahier technique Schneider N°191, Schneider, 16-17
Château T., Adouane, L., 2011, Régulateur PID de Polytech’Clermont-Ferrand,
Polytech’Clermont-Ferrand, 3
Curtil, D., 2007, Introduction à l’Automatique de l’INP Grenoble, INP Grenoble, II - Étude et
description des systèmes automatiques
Kumar, E., Sundaresan, M., 2014, Edge detection using trapezoidal membership function
based on fuzzy's mamdani inference system, 2014 International Conference on. IEEE,
Computing for Sustainable Global Development (INDIACom), 515-518.
Yang, L., Tai, N., Fan, C., Meng, Y., 2016, Energy regulating and ﬂuctuation stabilizing by air
source heat pump and battery energy storage system in microgrid, Renewable Energy 95,
ELSEVIER, 202-212.
Zainal, N., Yusoff, A., Apen, A., 2019, Integrated cooling systems and maximum power point
tracking of fuzzylogic controller for improving photovoltaic performances, Measurement
131, ELSEVIER, 100-108.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2705

Manuscript ID: 1431
DOI: 10.18462/iir.icr.2019.1431

Experimental comparison of the heat transfer performance of
R134a and R1234ze(E) in a hybrid film evaporator
Giuseppe CENSI(a), Loris GIANCOTTI(a), Andrea PADOVAN(a)
Onda S.p.A., R&D Department
Lonigo, I-36045, Italy, gcensi@onda-it.com
(a)

ABSTRACT
Environmental and cost issues in vapour compression systems call for new high efficiency
evaporators with reduced refrigerant charge.
This paper presents a new concept of shell-and-tube heat exchanger, named hybrid film evaporator.
In this, a liquid film falls down from the top to the bottom and it is re-distributed on each row of tubes
by means of special drilled plates. The heat transfer mechanism is a combination of falling film
evaporation and pool boiling. When compared to a flooded evaporator, the refrigerant charge is
significantly lower, almost 40% for the entire chiller, while maintaining the same heat transfer
capacity and overall dimensions.
The experimental heat transfer performances of a hybrid film evaporator prototype, working with
R134a and R1234ze(E), are presented and discussed.
The results show that nucleate boiling is not the only heat transfer mechanism and, at the same heat
flux, the measured heat transfer coefficient of R1234ze(E) is even 20% lower than that of R134a.
Keywords: Evaporators, Falling film, R1234ze(E), R134a, Refrigerant Charge, Shell-and-Tube Heat
Exchangers.

1. INTRODUCTION
The global warming in the earth climate system is greatly influenced by greenhouse gas emissions
(Stocker et al., 2013), as known for some decades (Lashof and Ahuja, 1990). The increased
worldwide sensitivity and the relative regulations are forcing more and more to consider refrigerants
alternative to the currently used hydrofluorocarbons (HFC), which are very common and in general
present an unacceptable global warming potential (GWP). In particular, the hydrofluoro-olefin (HFO)
fluid R1234ze(E) is, at present, the main long-term candidate to replace the HFC fluid R134a. The
choice of R1234ze(E) is primarily due to the lower GWP (less than 1, versus 1430), but also to the
atmospheric lifetime (about 2 weeks, compared to 13 years) (Hodnebrog et al., 2013), with both
characteristics linked to the high reactivity of its molecule. For this reason, moreover, R1234ze(E)
belongs to A2L safety classification, meaning low toxicity and slight flammability, whereas R134a is
classified as A1, having no safety issue. Together with this problem, there is also a reduction of the
thermodynamic efficiency. A direct drop-in replacement of R134a with R1234ze(E), in an existing
plant at the same saturated temperatures, implies almost the same coefficient of performance
(COP), but the maximum cooling capacity obtainable is significantly reduced. Indeed, at the same
conditions, the volumetric capacity of R1234ze(E) is 25 % lower than the one of R134a. A
comprehensive detailed theoretical study on thermodynamic efficiency and the role of the thermophysical properties of R1234ze(E) (together with other low GWP fluids) can be found in McLinden et
al. (2017). The safety classification, and the high cost in the market, force to consider limiting the
amount of the charge of this refrigerant in vapour compression cycles, especially for systems using
flooded evaporators. An increasingly adopted option for the charge reduction consists of horizontal
falling film or spray evaporators, whose tubes, instead to be flooded in a liquid pool, are wet one-byone by a thin film of liquid.
As regards a direct comparison of R134a and R1234ze(E) during pool boiling on enhanced surfaces,
Van Rooyen and Thome (2013) and Gorgy (2016) evaluated the pool boiling performances of R134a
and R1234ze(E) in enhanced tubes with structured surface. At saturation temperatures around 5 °C,
and with heat fluxes below 100 kW m -², the measured heat transfer coefficients of R1234ze(E) and
R134a were very similar. Byun et al. (2017), on the other hand, found some differences between the
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two fluids. For two different evaporation temperatures (4.4 °C and 26.7 °C), with heat fluxes from 10
to 50 kW m -², the heat transfer coefficient of R1234ze(E) was found lower than that of R134a of an
amount variable between 10 and 20 %.
With respect to falling film evaporation, in the open literature the fluid R134a is widely studied,
whereas no work regarding R1234ze(E) is at present authors' knowledge. Roques and Thome
(2007) tested R134a, and Christians and Thome (2012) tested R134a and R236fa, during pool
boiling and falling film on structured surfaces at a saturated temperature of 5 °C and heat fluxes of
less than 100 kW m -². Their results show, for falling film evaporation, higher heat transfer coefficients
than for pool boiling, in a measure depending on the characteristics of the surface: in some cases,
the performances tend to approach at high heat fluxes. Ji et al. (2019), who studied R134a
evaporating on structured surface tubes at 11 °C, achieved better results in falling film evaporation
when the heat flux was less than 30 kW m -², whereas the performances started to worsen compared
to pool boiling at higher heat fluxes.
Considering a whole bundle of tubes, spray or falling film evaporators present some complications
with respect to flooded evaporators. They require a complex distribution system for the liquid inlet
and for the dissipation of the flash gas, and particular care in the alignment of the tubes, in order to
guarantee uniformity in the liquid supply and avoid dry patches on the tubes wall. Furthermore,
dryout can occur when the flow rate is reduced, for example at partial loads, starting from the lowest
tube rows of the bundle. Depending on geometry, operating conditions and fluid properties, it is
possible to identify up to five different flow patterns, and, among them, mainly three are
distinguished: sheet, jet (column), and droplet modes. In particular, the sheet mode seems to
develop the highest heat transfer coefficient (Fernández-Seara and Pardiñas, 2014). In classical
falling film evaporators, moreover, a big volume of the shell is usually required to avoid liquid
entrainment to the compressor by the vapour flow. Besides, the local ascending vapour can modify
the trajectory of the falling liquid, affecting the heat transfer performance. Detailed reviews of the
studies focused on the distribution systems and tube layouts, and on the influence of flow pattern
and vapour flow, can be also found in Ribatski and Jacobi (2005) and Abed et al. (2014).
The hybrid film evaporator, described in this work, owes its name to the mixing of the falling film and
of the pool boiling processes involving each tube. Censi et al. (2018) conducted an experimental
study in a hybrid film evaporator prototype, with R134a at 6 °C from 15 to 35 kW m -², finding
refrigerant heat transfer coefficients similar or slightly higher than those of the flooded evaporator. In
the present work, the investigation of the performances of the hybrid film evaporator is extended to
the fluid R1234ze(E). After introducing the operating concept of the evaporator, the experimental
study is focused on the heat transfer comparison between fluids R134a and R1234ze(E).

2. EXPERIMENTAL PROTOTYPE
2.1.

Operating Description

The heat exchanger described in this work, named “hybrid film evaporator”, belongs broadly to the
family of the falling film evaporators, as can be noted from Fig. 1.
REFRIGERANT
TWO-PHASE
MIXTURE IN
EXCEEDING
REFRIGERANT
LIQUID COLLECTED
BELOW

COOLED WATER

REFRIGERANT
VAPOUR OUT

REFRIGERANT
LIQUID FALLING
DOWN

REFRIGERANT
LIQUID POOL
BOILING

VAPOUR
COLLECTED

FLOODED PART

Figure 1: Schematic view of the hybrid film evaporator
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Like falling film evaporators, indeed, it starts from the need to keep the refrigerant charge as low as
possible and to achieve, or to improve, the performances of the flooded evaporator. Besides, it aims
to avoid some of the classical problems of falling film: the difficult distribution, the dryout occurring
at non-nominal conditions, and the large dimensions, all discussed in the Introduction.
The resulting final design is illustrated in Fig. 1, and the detailed operating principles are reported by
Censi et al. (2018). Unlike the classical film evaporators, the hybrid film evaporator includes special
perforated plates with vertical longitudinal borders placed below each tube row. The plates are
designed to solve two of the above-mentioned problems. First, they help to supply liquid to the lower
tubes and to minimize or avoid dryout phenomena: thus, they work as “liquid catchers”, similarly to
the devices described by Chang and Chiou (1999). Additionally, they prevent liquid maldistribution,
both along the width direction and the length direction, whose effects are studied and illustrated, for
example, by Yang and Wang (2011).
It is worth noting that, due to the plate drilling, the liquid flow pattern from the upper plate to the lower
row of tubes can be classified mainly as column mode. This flow regime was confirmed by
visualizations carried out in a separate prototype with water in adiabatic single-phase flow.
2.2.

Characteristics of the Prototype

The present work, and the works cited in the Introduction, consider only tubes with structured
external surface, specifically designed for pool boiling. The surface is enhanced by fins with a
dedicated shape, in order to create sites that promote nucleate boiling at low temperature
differences, of the type, for example, presented by Bergles (1997). Under moderate heat fluxes, they
are the best choice for flooded evaporators.
As regards falling film, instead, no specific enhanced tubes exist. Anyway, the structured surfaces
seem the most suitable, as, in general, they let the liquid flow longitudinally and promote the sheet
flow mode. The hybrid film design, which works under column flow mode but with a pool boiling part,
present in almost each row of tubes, suggests using structured surfaces. In particular, the tube model
of the present prototype is Gewa-B6H, provided by Wieland, with outside nominal diameter 19.05
mm. Possible future studies will show if other surfaces, for example low-finned, are suitable for the
hybrid film.
The geometry of the prototype is summarized in Table 1. It is very compact, and the tube pass
configuration is chosen in order to reduce the water pressure drop as much as possible.
Parameter
Tube name
Tube surface
Tube outside diameter

Table 1. Characteristic of the hybrid film prototype

Value
Gewa-B6H
Structured
19.05 mm

Parameter
Tube length
N. of tube passes
Shell outside diameter

Value
1016 mm
4
610 mm

3. EXPERIMENTAL STUDY
3.1.

Experimental Apparatus

The experimental tests were run on the test facility set up at the laboratory of Onda S.p.A., Italy,
schematic of which is depicted in Fig. 2. It represents a classical vapour compression system
(compressor, condenser, expansion device, evaporator), with an additional subcooler downstream
of the condenser. The compressor is centrifugal and oil free, with axial and radial magnetic bearings.
For the tests, the system was charged with R134a first, and then with R1234ze(E); between the two
operations, the plant was cleaned with nitrogen and the electronic regulation system of the
compressor was re-set.
The superheated vapour at high pressure flows from the compressor to the shell-and-tube
condenser, where it is fully condensed and then further subcooled in a brazed-plate heat exchanger.
The subcooling level can be independently controlled, varying the cooling water temperature and
flow rate. As a result, it is possible to achieve the set vapour quality at the inlet of the test evaporator.
The expansion device is a step motor electronic valve, whose opening is varied manually according
to the required liquid level at the evaporator, maintained constant. After reducing pressure through
the expansion valve, the refrigerant flows to the evaporator and finally to the compressor, again. A
sight glass is placed between the evaporator and the compressor to check that there is not
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entrainment of liquid drops in the vapour flow. Furthermore, in order to make sure of that, the
isentropic efficiency of the compressor is measured and compared to that declared by the
compressor manufacturer.

Figure 2: Schematic drawing of the experimental test rig

Water is used as secondary fluid to vaporise R134a and R1234ze(E). The water temperature at the
inlet and outlet of the test evaporator is measured by thermocouples inserted in adiabatic sections,
where perfect mixing is assured. Type J thermocouples connected to a Kaye ice point instrument as
zero reference system are used. Thermocouples were calibrated on site using a primary Pt100 probe
and a reference bath to get the accuracy value reported in Table 1. The water volume flow rate and
pressure drop through the evaporator are measured with an electromagnetic flow meter and a
differential pressure transducer, respectively. Thermocouples and pressure transducers are also
installed in different sections of the refrigerant loop to get all the measurements needed for the data
reduction. In particular, saturation temperature at the evaporator is obtained by the pressure, which
is taken both inside the shell and at the evaporator outlet. A Coriolis effect flow meter measures
directly the refrigerant mass flow rate. In this way, the thermal balances on both water and refrigerant
side are compared and checked. The mean deviation is found to be around 3%. The accuracies for
sensors and parameters (described in the next section) are listed in Table 2.
3.2.

Data reduction and operative conditions

In order to understand the behaviour at different loads, the compressor capacity was varied by
means of an inverter, maintaining constant the evaporator inlet vapour quality. The value was fixed
at 0.18 kg kg-1. In a different set of tests, the vapour quality was varied at constant heat flow rate.
The average heat flux at the evaporator, 𝑞̅, is given by the water side heat flow rate divided by the
reference area Aext, that is the external envelope plain tube surface area at the nominal diameter. It
ranges from 19 to 33 kW m -²; the heat flux on each water passage, instead, varies from 9 to 55 kW
m -².
The first performance parameter considered is the water-to-saturation temperature approach Δtapp at
the outlet nozzle. This parameter is the difference between the leaving water temperature and the
saturation temperature, as calculated by the pressure measured just after the evaporator outlet: it
ranges from 1.1 to 1.9 K. Another performance parameter considered is the average global heat
transfer coefficient K, measured at the shell. Indeed, K is given by the water side heat flow rate
divided by Aext and by ∆𝑡𝑚 , which is the water-to-saturation mean temperature difference where the
saturation temperature comes from the pressure measured inside the shell. The range for K is 6.5 ÷
8.5 kW m -2 K-1. The final parameter considered is the average external heat transfer coefficient αext,
obtained by a thermal resistance subtraction. The tube-side heat transfer coefficient is obtained by
means of an empirical based correlation provided by the tube manufacturer, and verified by means
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of ad hoc single-phase tube-in-tube experimental tests. The present procedure is affected by up to
almost 20 % uncertainty (Table 2).
All thermo-physical properties of R134a, R1234ze(E) and water are calculated by means of the
Refprop 9.1 software (Lemmon et al., 2013).
Table 2: Accuracy for sensors and parameters (at typical test conditions)

3.3.

Parameter
Temp. difference

Parameter
Temperature
Volumetric flow rate
Mass flow rate
Absolute pressure

Accuracy
±0.05 K
±0.5 %
±0.5 %
±1 kPa

Temperature approach
Heat flux
Global heat transf. coeff.

Differential pressure

±200 Pa

Refrigerant heat transf. coeff.

Accuracy
±0.10 K
±0.12 K
±3 %
±5 %
±18 %

Experimental Results

In Fig. 3 the water-to-saturation temperature approach at the outlet nozzle is plotted as a function of
the average heat flux. In Fig. 3a, the data are taken at fixed values of water inlet and outlet
temperatures (tW,in and tW,out), namely 12 and 7 °C, and consequently at constant temperature drop
(5 K) of the chilled fluid. In Fig. 3b, instead, the data are taken with water at constant flow rate and
constant outlet temperature, respectively 14 kg s-1 and 7 °C. Such values allow to obtain the value
of 12 °C for the water inlet temperature, for R1234ze(E) at full capacity. Then, the points at maximum
heat flux (25 kW m -²) on R1234ze(E) curves in Fig. 3a and in Fig. 3b must coincide (within the
measurement uncertainty). Anyway, it is evident that even the whole curves almost coincide, both
for R134a and for R1234ze(E).
2.2

2.2

R1234ze(E)
R134a

1.8

R1234ze(E)

2.0

TEMPERATURE APPROACH [K]

TEMPERATURE APPROACH [K]

2.0

1.6

1.4

Refrigerant inlet vapour quality 0.18
Refrigerant outlet superheat 0.5 K
Water leaving temperature 7 °C

1.2

Water temperature drop 5 K

R134a

1.8

1.6

1.4

Refrigerant inlet vapour quality 0.18
Refrigerant outlet superheat 0.5 K
Water leaving temperature 7 °C

1.2

Water flow rate 14 kg s-1
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Figure 3: Water-to-saturation temperature approach at the outlet nozzle Δtapp: a) at constant water
̇ =14 kg s-1, tW,out=7 °C)
temperature drop (tW,in=12 °C, tW,out=7 °C); b) at constant water flow rate (𝒎𝑾

The explanation is as follows. At constant water temperatures (Fig. 3a), an increase of the heat flux
implies an increase of the water flow rate and then of the in-tube heat transfer coefficient. Being the
water-side heat resistance the dominant one, the global heat transfer coefficient grows, even if not
enough to supply all the heat flux increase. The remaining contribute is given by the water-torefrigerant mean temperature difference, whose increase can only be given by a decrease of the
refrigerant saturation pressure, resulting in an increase of the approach. On the contrary, at constant
water flow rate (Fig. 3b), the global heat transfer coefficient remains almost constant with the heat
flux, as the water-side heat transfer coefficient is constant and its resistance is dominant. Then, the
water-to-refrigerant mean temperature difference must supply alone the heat flux increase, but only
a limited decrease of the refrigerant saturation pressure is required, as the inlet water temperature
grows. The increase of the approach is consequently limited.
In this special case, with the final contribution of the vapour pressure drop, the approach varies with
the heat flux almost in the same way at water temperature drop constant and at water flow rate
constant. Thus, in the two graphs reported in Fig. 3 there is an accidental concurrence of the curves.
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The main indication coming from Fig.3 is that the temperature approaches obtained with R1234ze(E)
are higher than those obtained with R134a (with a difference of 0.2 ÷ 0.4 K). Anyway, the average
reduced pressure of R1234ze(E) is 19 % less than the one of R134a, and it is a disadvantage,
assuming that pool boiling plays an important role in this evaporator. For example, the Cooper (1984)
formula for nucleate boiling heat transfer coefficient αNB can be taken as reference:
0.12−0.2 log10 𝑅𝑝

𝛼𝑁𝐵 = 𝐶 ∙ 𝑝𝑟𝑒𝑑

(− log10 𝑝𝑟𝑒𝑑 )−0.55 𝑀−0.5 𝑞̅0.67

Eq. (1)

where C is a constant independent of the fluid, pred is the reduced pressure, M is the molar mass,
and Rp is the surface roughness. Being the molar mass of R1234ze(E) 12 % higher than the one of
R134a, the HFO fluid is even more penalized. In order to try out this prediction, the graphs of Fig. 4
report the previous data sets (R134a at pred = 0.089 and R1234ze(E) at pred = 0.073) together with
two new R1234ze(E) data sets. For one new set, the reduced pressure is the same as the one of
R134a (0.089), and for the other one, the reduced pressure is 0.101, a value such that the group
pred0.12-0.2 log10(Rp) (-log10 pred)-0.55M-0.5 assumes the same value for both fluids. The value of Rp, in the
typical range for commercial tubes, has a negligible effect when the above group is equalled for the
two fluids. Consequently, a similar value of αNB should be expected. The reduced pressure of
R1234ze(E) is changed modifying the value of the leaving water temperature, which is constant for
each data set. The flow rate is constant too, with a value that allows to achieve the same in-tube
heat transfer coefficient for all. The experimental global heat transfer coefficient is reported in Fig.
4a. For all the data sets, the global heat transfer coefficient increases with the heat flux, due to the
increase of the refrigerant heat transfer coefficient, as shown in the graph of Fig. 4b. Data for R134a
at 0.089 reduced pressure and for R1234ze(E) at 0.073 reduced pressure are at the same operating
conditions as discussed in Fig. 3b. At the same value of heat flux, for instance 26.5 kW m -², the
external heat transfer coefficient of R134a can be even 20% higher than that of R1234ze(E), and
the global heat transfer coefficient around 7% higher. From Fig. 4b, when the reduced pressure
increases from 0.073 to 0.089 for R1234ze(E), the refrigerant heat transfer coefficient slightly
increases in the whole range of the heat flux investigated, although such variation is within the
estimated experimental uncertainty. When further increasing the reduced pressure to the value
0.101, the external heat transfer coefficient does not increase. Thus, it results that the R1234ze(E)
external heat transfer coefficient remains lower than that of R134a, even when its reduced pressure
is equal or higher. This behaviour suggests that nucleate boiling is not the only mechanism driving
heat transfer.
R134a: reduced pressure 0.089
R1234ze(E): reduced pressure 0.089
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Figure 4: Comparison of the performances of R134a at 0.089 reduced pressure with those of
R1234ze(E) at 0.073, 0.089, and 0.101 reduced pressure, with the same in-tube coefficient: a) global
heat transfer coefficient; b) shell-side heat transfer coefficient

In Fig. 5 the influence of the inlet vapour quality is investigated, in term of the global and of the
external heat transfer coefficient. Some test facility limitations prevented to reach the same water
conditions for both fluids; therefore, the two graphs must be read as indicative of a comparison of
the trend of the heat transfer coefficients, but not of the absolute values. The R134a heat transfer
coefficient slightly decreases with increasing vapour quality; however, this variation has not
consequences in the global heat transfer coefficient. Differently, the R1234ze(E) heat transfer
coefficient does not exhibit any dependence on inlet vapour quality. Finally, Fig. 6 illustrates the
saturation temperatures at different heat exchanger locations. The temperature directly connected
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to the heat transfer is the one in the shell; the difference with the inlet nozzle is mainly due to the
pressure drop in the distribution system, while the difference with the outlet nozzle is due to the
vapour stream pressure drop.
30
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Figure 5: Global and shell-side heat transfer coefficient versus vapour quality at constant heat flux:
a) R134a; b) R1234ze(E)
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Figure 6: Saturation temperatures at water flow rate 14 kg s-1: a) R134a; b) R1234ze(E)

For both fluids, the curves diverge, as the pressure drops increase with the heat flux; for R1234ze(E)
the differences between the curves are sensibly higher. Indeed, R1234ze(E) is strongly penalized:
first, at same heat flux, its mass flow rate is higher than R134a, as the latent heat is lower (- 7 % at
5.5 °C). Second, the derivative of the saturation temperature as a function of the pressure (dt/dp)sat
is higher (+33 % at 5.5 °C), meaning that, at the same pressure drop, the temperature drop is higher.
Moreover, the vapour density is 19 % lower at 5.5 °C: at the same mass flow rate, the vapour phase
pressure drop (between shell and outlet nozzle, for example) results higher.

4. CONCLUSIONS
The hybrid film evaporator is a low-charge alternative to the flooded evaporator; its design derives
from the falling film concept, refining it with solutions to avoid the dryout and to improve the
distribution. The experimental results of comparative tests with R134a and R1234ze(E) on the same
hybrid film prototype show that:
• at typical air conditioning operative conditions, the water-to refrigerant approach obtained
with R1234ze(E) is 0.2 ÷ 0.4 K higher than that obtained with R134a;
• the shell-side heat transfer coefficient of R1234ze(E) can be even 20% lower than that of
R134a, for example, 18 versus 22 kW m -2 K-1 at 25 kW m -2 heat flux;
• nucleate boiling is not the only mechanism driving heat transfer;
• the inlet vapour quality has a weak influence on the heat transfer coefficient for both fluids;
• the saturation temperature drop of R1234ze(E), although still admissible for vapour
compression systems, is even two times that of R134a, mainly due to the distribution system.
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ABSTRACT
The progressive phase-out of HFCs and their replacement by the 4th generation of refrigerants
require identifying the performance of these alternative refrigerants in heat exchangers. The
objective of this study was to assess the heat transfer performance during evaporation and
condensation of R410A, R454B and R32 in a finned tube heat exchanger. A 30 kW experimental
setup was built to assess the heat exchanger performance with these three refrigerants. For each
refrigerant, 6 tests were carried out in evaporation and 5 tests in condensation. During the tests,
energy balance between the thermal capacities measured on the air and refrigerant sides was
found to be less than 5%, which confirmed a good accuracy of measurements. A good agreement
(+/-2.5%) between experimental data and simulations allowed using EVAP-COND software for
comparison of the performance of a same heat exchanger design with the 3 refrigerants. The
simulations show that the same design of finned tube heat exchanger can be used for R410A and
R454B but a design optimization will be necessary with R32.
Keywords: Low GWP Refrigerants, Finned Tube Heat Exchanger, R410A, R32, R454B.
1. INTRODUCTION
New refrigerants with low GWP are now offered by the chemical industry. Some of these
refrigerants will be the solutions of tomorrow and HVAC manufacturers have to be ready to use
them. Studies conducted on this transition essentially dealt with the thermal performances of low
GWP refrigerants in existing equipment with drop-in tests or soft optimization tests (Amrane, 2015;
Wang and Amrane, 2016; Pardo and Mondot, 2018). Some also looked at the compatibility
between low GWP refrigerants and materials (Majurin et al., 2014). Studies on heat transfer of low
GWP refrigerants in evaporation and in condensation have been published (Azzolin et al., 2016;
Del Col et al., 2010; Diani et al., 2014; Diani et al., 2015; Jige et al., 2016; Jige et al., 2017; Longo
et al., 2018a; Longo et al., 2018b). Most of these works focused on the heat transfer coefficient in
evaporation or in condensation in smooth tubes, microchannels and microfin tubes. The evaluation
of the heat transfer coefficient is essential for the heat exchanger design.
The objectives of this work are to assess experimentally the thermal performance, capacity and
pressure drop, in condensation and in evaporation, of R32 and R454B, as alternatives to R410A, in
a finned tube heat exchanger and to use a reliable software tool for performance comparison of the
refrigerants.
The paper is divided in three parts:
 presentation of the main refrigerant properties;
 experimental investigation: method and results;
 numerical investigation: validation of EVAP-COND software (Domanski and Yashar, 2016)
and simulations in evaporation and condensation modes.
2. REFRIGERANT PROPERTIES
The choice of the alternative refrigerants to R410A is based on the result analysis of the AHRI Low
GWP AREP program (Wang and Amrane, 2016) and on the experimental results of drop-in tests
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previously carried out in an air-to-water heat pump by CETIAT (Pardo and Mondot, 2018). Table 1
presents the main properties of the selected refrigerants. The data source is the software
REFPROP V10 (Lemmon et al., 2018).
Table 1: Refrigerant properties

Refrigerant
R410A
R32
R454B

Composition
R32/R125
(50/50%w)
R32 (100%w)
R32/R1234yf
(68.9/31.1%w)

GWP100

Latent heat
(kJ/kg)
(at 0 °C)

Critical
temperature
(°C)

Normal
boiling
point (°C)

Glide
(K)

Safety
class

2088

221.3

70.2

-51.6

0.1

A1

675

315.3

78.0

-52.0

0

A2L

466

260.9

78.1

-50.4

1.3

A2L

Alternative refrigerants have a lower GWP than R410A, -67% for R32 and -78% for R454B. R32 is
a pure refrigerant and R454B is a mixture composed of R32 (~69%w) and R1234yf (~31%w). The
phase change enthalpies of R454B and R32 are higher than that of R410A by +18% and +42%,
respectively. The safety class of alternative refrigerants is A2L, which means they have a low
flammability and are non-toxic. The saturation properties (pressure-temperature) are shown in
Fig. 1. The three refrigerants have equivalent saturation properties. R454B remains slightly less
volatile than R410A and R32.

Figure 1: Saturation properties: Pressure-Temperature

3. EXPERIMENTAL INVESTIGATION
3.1.

Finned Tube Heat Exchanger Description

The main characteristics of the finned tube heat exchanger are presented in Fig. 2. The finned tube
heat exchanger was designed to operate either as an evaporator or as a condenser in a reversible
air-to-water heat pump for an optimal heating performance. During tests, two flow patterns were
thus used (see Fig. 2d):
 Evaporation mode: counter-current;
 Condensation mode: co-current.

Figure 2: Main characteristics of the tested finned tube heat exchanger: a) Geometry characteristics;
b) Overview photography; c) Fins close-up; d) Flow patterns
2/9
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In evaporation mode, the refrigerant flows through a distributor at the upstream side of the heat
exchanger, in which a diaphragm is placed. This element generates an additional pressure drop
downstream of the expansion device. Then, the distributor is connected to eight capillary tubes
which each feeds a circuit. At the outlet, the eight circuits are connected to a collector. In
condensation mode, the refrigerant flows in the other way with a by-pass of the diaphragm through
a non-return valve; the circuit thus generates less pressure drop than in evaporation mode (see
Fig. 4).
3.2.

Experimental Set-Up

A 30 kW thermodynamic loop was designed and built to test the finned tube heat exchanger. It is
composed of an inverter driven compressor, an oil separator, a plate heat exchanger and a manual
expansion device. Pt100 contact probes (-20 to 100°C, +/-0.1°C) and pressure transducers (040 barg, +/-0.01 barg) are installed at the inlet and outlet of each component of the refrigerating
circuit. In addition, a Coriolis mass flow meter (0-720 kg/h, +/-1%) in the liquid line, at the outlet of
the condenser, allows measuring the refrigerant flow. This loop allows controlling the test
conditions at the inlet of the finned tube heat exchanger on the refrigerant side. On the air side, the
finned tube heat exchanger is installed between straight ducts of 2500 mm length, having the same
rectangular section as the heat exchanger frontal surface (813 mm × 813 mm) and a 20 mm thick
thermal insulation ( = 0.022 W/m.K). The inlet air is the ambient air of a climatic room which is
controlled in temperature and humidity by an air handling unit. The air volumetric flow rate is
adjusted and measured thanks to a multi-nozzle chamber coupled to a fan (0-6000 m3/h, +/-3.5%).
Pt100 probes (-20 to 100°C, +/-0.1°C), mirror hygrometers (-20 to 60°C, +/-0.3°C) and Pitot
probes (0-100 Pa, +/-1Pa) are placed upstream and downstream to measure, the air dry bulb and
the dew point temperatures and the pressure drop, respectively. The schematic diagram in Fig. 3
shows the installation and the instrumentation in evaporation mode.

Figure 3: Schematic diagram of the installation and the instrumentation in evaporation mode

In addition, the inlet and outlet of the finned tube heat exchanger were instrumented with pressure
transducers and Pt100 contact probes. The fifth circuit from the top of the finned tube heat
exchanger was instrumented with 3 pressure transducers (red squares) and 10 Pt100 contact
probes (blue hexagons) (see Fig. 4).

th

Figure 4: Specific instrumentation placed at inlet/outlet and on the 5 circuit from the top of the
finned tube heat exchanger
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3.3.

Test Conditions

3.3.1. Evaporation Mode
The test conditions in evaporation mode are shown in Table 2.
Table 2: Test conditions in evaporation mode

Run
1
2
3
4
5
6

Flow

Air

Counter-current Dry
Counter-current Dry
Counter-current Dry
Counter-current Wet
Counter-current Wet
Counter-current Wet

Air dry bulb temperature Air frontal Refrigerant
Refrigerant liquid
(wet bulb temperature)
velocity
mass flow
-1
-1 temperature (°C)
(°C)
(m.s )
rate (kg.h )
20(10)
20(10)
20(10)
16(14)
16(14)
16(14)

2.25
2.25
2.25
2.25
2.25
2.25

230
270
330
230
270
330

30
30
30
30
30
30

Two air dry and wet bulb conditions are defined. For each, the refrigerant flow is set at three
different values. To obtain an air frontal velocity of 2.25 m.s-1, the inlet volumetric air flow rate is
adjusted close to 5350 m3.h-1 (+/-50 m3.h-1). 2.25 m.s-1 is the maximal frontal air velocity reachable
by the experimental set-up, due to the fan downstream of the multi-nozzle chamber.
3.3.2. Condensation Mode
The test conditions in condensation mode are shown in Table 3.
Table 3: Test conditions in condensation mode

Run

Flow

Air

1
2
3
4

Co-current
Co-current
Co-current
Co-current

-

Air dry bulb temperature Air frontal Refrigerant
Refrigerant inlet
(wet bulb temperature)
velocity mass flow rate
condenser
(°C)
(m.s-1)
(kg.h-1)
temperature (°C)
30(-)
30(-)
30(-)
30(-)

2.15
2.15
2.15
2.15

230
270
330
360

80
80
80
80

One air condition is tested with four refrigerant flow rates. To obtain an air frontal velocity of 2.15
m/s, the inlet volumetric air flow rate is adjusted close to 5115 m3.h-1 (+/-50 m3.h-1). The frontal air
velocity is lower than in evaporation because the air specific volume at the inlet of the heat
exchanger is slightly higher: 0.9 against 0.85 (at 16°C) m3wet_air.kgdry_air-1. Thus, 2.15 m.s-1 is the
maximal reachable frontal air velocity.
3.4.

Experimental Results

In this section, the evaporating or condensing temperatures, the thermal capacities and the
pressure drops measured during the tests are presented.
3.4.1. Evaporation Mode
During the evaporation tests, the heat balance between the thermal capacities measured on the air
and refrigerant sides is comprised between:
 0.4% and 2.5% in dry air condition;
 3.4% and 9.3% in wet air condition.
Three tests with wet air (among a total of nine) have a heat balance between 6.1% and 9.3%.
There is only one dew point temperature measurement in the downstream duct against five for the
dry temperature (mean value from 5 Pt100 probes). It can thus be considered that the dew point
temperature measurement probably generates these heat balance deviations. Nevertheless, the
measurements can be considered as reliable enough in the context of this study.
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The evaporating temperatures, the superheating (SH), the cooling capacity and the pressure drop
(P4 – Outlet P; see Fig. 4) are presented in Table 4 for the three refrigerants.
Table 4: Main results measured on the refrigerant side in evaporation mode

Refrigerant

R410A

R454B

R32

Run
1
2
3
4
5
6
1
2
3
4
5
6
1
2
3
4
5
6

Evaporating temperature (°C)
Bubble point
Dew point
2.2
1.4
1.1
-0.3
-0.7
-2.8
3.4
2.6
0.4
-1.0
-0.5
-2.7
1.8
0.4
0.5
-1.3
-0.3
-3.3
0.4
-1.1
0.2
-1.8
0.3
-2.7
2.2
1.0
-3.7
-4.7
-3.5
-7.1
2.2
1.0
0.6
-1.4
-1.7
-5.1

SH (K)
16.6
17.6
18.5
11.7
15.1
16.0
16.7
17.3
15.6
15.2
15.2
14.6
12.7
20.9
12.5
11.0
12.4
14.0

Cooling
capacity (kW)
12.2
14.3
17.5
11.9
14.1
17.3
14.6
17.0
20.8
14.3
17.1
20.6
17.4
21.1
25.1
17.5
20.6
25.2

Pressure
drop (kPa)
22
36
52
20
37
52
33
46
69
36
47
69
29
59
78
29
46
77

It should be noted that the evaporating temperatures of the three refrigerants are not the same.
The differences can reach up to 5 K (see runs 2, 3 and 4). This is due to the difficulty in adjusting
this parameter during the test. Some of the differences in cooling capacity are due to better heat
transfer coefficient values and some due to large temperature differences between air and
refrigerant. Similarly on pressure drop, most of the increase in pressure drop for R32 and R454B
seem to be due to lower evaporation temperature (and pressure) so lower density vapour and
higher vapour velocities for the same mass flow. This means that we cannot directly conclude on
the benefit of using one refrigerant in comparison to another.
3.4.2. Condensation Mode
During the condensation tests, the heat balance between the thermal capacities measured on the
air and refrigerant sides is comprised between 0.5% à 2.1%. The measurements are reliable.
The condensing temperatures, the subcooling (SC), the heating capacity and the pressure drop
(Outlet P – P4; see Fig. 4) are presented in Table 5 for the three refrigerants.
Table 5: Main results measured on the refrigerant side in condensation mode

Refrigerant

R410A

R454B

Run
1
2
3
4
1
2
3
4

Condensing temperature (°C)
Dew point
Bubble point
46.6
46.3
48.3
48.1
50.2
49.9
51.1
50.7
50.3
48.5
52.1
50.3
53.8
52.0
55.0
53.2

SC (K)
6.2
6.6
4.8
4.0
7.3
7.7
6.2
5.9

Heating
capacity (kW)
13.31
15.29
17.8
19.25
15.29
17.34
20.39
21.88

Pressure
drop (kPa)
18
18
23
21
16
19
20
22
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R32

1
2
3
4

49.4
51.5
54.0
56.3

49.3
51.3
53.8
56.1

4.4
4.3
3.3
5.7

17.78
20.10
23.44
25.45

16
17
20
21

As previously, the condensing temperatures of the three refrigerants do not have the same value.
The differences can reach up to 5 K. We cannot directly conclude on the benefit of using one
refrigerant in comparison to another.
4. NUMERICAL INVESTIGATION
4.1.

Software Validation

The objective of this part is to compare the experimental results with the results of the EVAPCOND software. The geometrical parameters of the finned tube heat exchanger and the inlet
operating conditions have been used as input data in the software. The 30 experimental tests were
simulated and compared. The calculated versus experimental capacities of R410A, R454B and
R32, in evaporation and condensation modes, are plotted in Fig. 5.

Figure 5: Calculated capacity versus experimental capacity of R410A, R454B and R32, for both
modes: a) Evaporation mode; b) Condensation mode

According to Fig. 5, the comparison shows that the EVAP-COND software is a reliable tool to
simulate the thermal capacity of finned tube heat exchangers. The maximal deviation observed is
less than 2.5%. As a reminder, the fifth circuit from the top of the finned tube heat exchanger was
instrumented with 10 Pt100 contact probes and 3 pressure transducers. The comparisons between
the simulated and the experimental temperature and pressure evolutions along the 5th circuit of the
run 1, in evaporation and in condensation, are shown in Fig. 6 and Fig. 7, respectively. The
horizontal axis refers to the inlet and outlet of each of the 12 tubes of the circuit.

th

Figure 6: Calculated and experimental temperatures and pressures along the 5 circuit in
evaporation: a) Refrigerant temperature; b) Refrigerant pressure
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Figure 7: Calculated and experimental temperatures and pressures along the 5 circuit in
condensation: a) Refrigerant temperature; b) Refrigerant pressure

The temperature and pressure evolutions of the three refrigerants in the simulated circuit are close
to those observed during experimental tests. The same conclusions are drawn from all other runs
of the tests (not presented in details in this paper). We can conclude that EVAP-COND software is
a reliable tool to design the finned tube heat exchanger; however its robustness has not been fully
validated in this study. Since most of the HFC alternatives have a high temperature glide, a
comparison between experimental results obtained with a higher temperature glide refrigerant
(>5 K) and the EVAP-COND simulations could be of interest.
4.2.

Numerical Analysis

EVAP-COND software is then used to simulate the performance in evaporation mode and in
condensation mode of the same heat exchanger design with the different refrigerants. For that
purpose, the refrigerant mass flow rate is not fixed as it was for the experimental approach.
In evaporation mode, the SC1 condition of the NF EN 328 standard (see Table 6) is used with an
air frontal velocity of 2.25 m.s-1. The main results are presented in Table 7.
Table 6: SC1 condition of the NF EN 328 standard

Air dry bulb
Dew point
Evaporating temperature Superheating Refrigerant liquid
temperature (°C) temperature (°C)
(Dew point) (°C)
(K)
temperature (°C)
10
< -2
0
6.5
30
Table 7: Main simulation results: Evaporation mode – SC1

Refrigerant
R410A
R32
R454B

Evaporating temperature (°C)
Bubble point
Dew point
0.2
0
0.1
0
-0.7
0

Refrigerant mass
flow rate (kg.h-1)
195
125 (-36%)
170 (-13%)

Cooling
capacity (kW)
9.7
9.3 (-5%)
10.3 (+5%)

Pressure
drop (kPa)
8.7
5.2 (-40%)
8.7 (0%)

In comparison to R410A, R454B shows a higher cooling capacity (+5%) and an equivalent
pressure drop. In comparison to R410A, R32 shows a lower cooling capacity (-5%), but also a
lower mass flow rate (-36%) and a lower pressure drop (-40%).
In condensation mode, the SC1 condition of the NF EN 327 standard (see Table 8) is used with an
air frontal velocity of 2.15 m.s-1. The main results are presented in Table 9.
Table 8: SC1 condition of the NF EN 327 standard

Air dry bulb
temperature (°C)
25

Condensing temperature
(Bubble point) (°C)
40

Subcooling (K)

Superheating (K)

<3

40
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Table 9: Main simulation results: Condensation mode – SC1

Refrigerant
R410A
R32
R454B

Condensing temperature (°C)
Bubble point
Dew point
39.9
40.1
40.0
40.0
39.9
41.2

Refrigerant mass
flow rate (kg.h-1)
212
151 (-29%)
186 (-12%)

Heating
capacity (kW)
12.9
12.7 (-1%)
13.3 (+3%)

Pressure
drop (kPa)
2.4
1.8 (-25%)
2.4 (0%)

In comparison to R410A, R454B shows a slightly higher heating capacity (+3%) and an equivalent
pressure drop. In comparison to R410A, R32 shows an equivalent heating capacity (-1%), a lower
mass flow rate (-29%) and a lower pressure drop (-25%).
For the replacement of R410A, the same finned tube heat exchanger could be designed with
R454B and a design optimization will be necessary with R32.
5. CONCLUSIONS
In the first part of this study, the thermal performances of R410A, R32 and R454B were measured
in a finned tube heat exchanger, in condensation and in evaporation. 30 tests were carried out. In
the second part of the study, the experimental results were used to validate the simulation results
from the EVAP-COND software. The differences between experimental and calculated capacities
are less than 2.5% for all tests. The temperature and pressure evolutions of the three refrigerants
in the simulated circuit are also close to those observed during experimental tests. These
comparisons for a pure, a quasi-azeotrope and a small temperature glide (<2 K) refrigerants, allow
considering EVAP-COND software as a reliable tool for the simulation of finned tube heat
exchangers. The simulations of a same heat exchanger design with the 3 refrigerants show that
the same design of finned tube heat exchanger can be used for R410A and R454B but a design
optimization will be necessary with R32.
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ABSTRACT
Considering that the thermal resistance is significant to the thermal performance evaluation of the
phase change thermal energy storage (PCTES) unit, a thermal resistance model of the fin-and-tube
PCTES unit is established in this work. The model is used to investigate the effects of the structure
parameters for the PCTES unit, the thermal conductivity of phase change material (PCM) and the
Reynolds number. A comparison for the thermal resistance outside the tube between the PCTES
unit filled with composite PCM and the fin-and-tube PCTES unit filled with single PCM is also
discussed under the same condition.
Keywords: Finned Tube, Phase Change Material, Thermal Energy Storage, Thermal Resistance
Model.

1. INTRODUCTION
Considering that thermal energy storage is one of the effective methods to overcome the problem of
the mismatch between supply and demand of energy, the study for the thermal energy storage (TES)
unit has attracted much attention. The thermal energy storage unit is usually classified as the
sensible heat storage unit, the latent heat thermal energy storage unit and the thermo-chemical
storage unit. Since the latent heat energy storage unit has the advantages of high energy storage
density and small temperature fluctuation during the charging and discharging processes by
comparing with other thermal energy storage units, this work mainly focuses on the study of the
latent heat energy storage unit. The pure phase change material (PCM) used in the latent heat
energy storage unit has a drawback of the poor thermal conductivity, which significantly influences
the heat exchange between the heat transfer fluid (HTF) and the phase change material (PCM) as
well as the charging and discharging efficiencies. To overcome that limitation, several heat transfer
enhancement methods were applied including the finned tubes as presented by Agyenim and Hewitt
(2010) and Merlin et al. (2016), the metal foam as presented by Yao et al. (2018) and Abishek et al.
(2018), the high thermal conductivity nanoparticle as presented by Hossain et al. (2015) and the
expanded graphite by Wu and Wang (2015) and Xia et al. (2010). The finned tube is used to solve
the problem of the low thermal conductivity of the PCM here because of its high thermal conductivity,
low cost and large extended surface.
Numerous experimental and numerical researches (Dhaidan et al., 2013; Li et al., 2014; Zauner et
al., 2016; Riahi et al., 2018.) were performed to investigate the performance of the thermal energy
storage unit. Although the numerical method can be used to predict the phase change behavior of
the PCM in detail, a serious drawback is that the relevant numerical simulation was rather timeconsuming. Besides, it is difficult to evaluate the thermal performance of a new thermal energy
storage unit by using previous experimental data. Therefore, the thermal resistance model of the
phase change thermal energy storage unit is necessary to be established by using theoretical
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method, which can be applied to guide the design of the thermal energy storage unit. Tay et al. (2014)
firstly proposed a thermal resistance model of the fin-and-tube PCTES unit, which was composed
by the isothermal heat flow and the parallel heat flow models. An adjustable parameter, which was
normally determined by the experiment or the numerical simulation, was required to weight the
effects of two models. The motivation for this work is to establish a simple thermal resistance model
of the fin-and-tube PCTES unit, which can be used to predict the thermal performance of the PCTES
unit conveniently.
In this work, a new thermal resistance model of the fin-and-tube PCTES unit is established to study
the influences of the structure parameters, the thermal conductivity of the PCM and the flow rate of
the heat transfer fluid on the thermal performance of the fin-and-tube PCTES unit. In addition, the
effect of the fin on the thermal resistance of the energy storage unit is also discussed.

2. PHYSICAL AND MATHEMATICAL MODELS
The schematic of the fin-and-tube PCTES unit is depicted in Fig. 1, in which the symbols r1, r2, r3, r4
and L are the inner radius of the tube, the outer radius of the tube, the outer radius of the collar, the
half tube pitch and the tube length. Besides, the phase change front denotes the interface between
solid and liquid phases of the phase change material.

Figure 1: Schematic of the fin-and-tube PCTES unit structure

Figure 2: (a) Evolution of the phase change front
(b) Thermal resistance network of the fin-and-tube PCTES unit

The phase change front for the melting process is shown in Fig. 2a, which is simplified as straight
line in this work. Therefore, the evolution rule of the phase change front can be described by using

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2724

Eq. (1). It is assumed that the phase change fraction along the tube length and the thermal properties
of the materials involved are constant, and the effect of the natural convection on the phase change
front is neglected. The phase change temperature remains the same in the process of the phase
change. Under these assumptions, the thermal resistance network of the fin-and-tube PCTES unit
shown in Fig. 2b can be obtained by analyzing Fig. 2a. Note that the evolution process of the phase
change front shown in Fig. 2a is simulated by the authors of the present paper for analyzing that
process.

ì y = γ ( r4 - r3 )
ï
í
γ ( Fp - δFin ) , 0 £ γ £ 1
ïx =
2
î

Eq. (1)

where γ denotes the phase change fraction, and the value of γ varies from 0 to 1. The symbols Fp
and δFin are the fin pitch and the fin thickness respectively.
As shown in Fig 2b, the thermal resistance outside the tube is composed by several thermal
resistances, which mainly caused by the different heat flux paths. In addition, the symbols THTF and
Tm denote the heat transfer fluid temperature and the phase change temperature respectively.
Different from the thermal resistance model proposed by Tay et al. (2014), the thermal resistance
model established in this work can be briefly described by using single mathematical model.
The calculation formulas of the thermal resistance shown in Fig. 2b are given as follows:

RHTF =

ln ( r2 r1 )
ln ( r3 r2 )
1
, RTube =
, RCollar =
2πr1Lhf
2πLλTube
2πLλCollar

RFin,s =

R1,PCM ,s =

R2,PCM ,s =

ln ( r4 r3 )
2πδFin λFin

γ ( Fp - δFin ) 2

(

)

π r42 - r32 λPCM

ln éë1 + γ ( r4 - r3 ) r3 ùû
2π ( Fp - δFin ) λPCM

Eq. (2)

Eq. (3)

Eq. (4)

Eq. (5)

where hf and λPCM are the heat transfer coefficient inside the tube and the thermal conductivity of the
phase change material respectively. λTube, λCollar and λFin are the thermal conductivities of the tube,
the collar and the fin respectively.

LT = LB =

Fp - δFin
2

Eq. (6)

R2,PCM ,T =

ln éë1 + γ ( r4 - r3 ) r3 ùû
2πLT λPCM

Eq. (7)

R2,PCM ,B =

ln éë1 + γ ( r4 - r3 ) r3 ùû
2πLB λPCM

Eq. (8)
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RFin&PCM

é
nFin
n -1
1
1 ù
=ê
+ Fin
+
+
ú
êë RFin,s + R1,PCM ,s 2 R2,PCM ,s R2,PCM ,T R2,PCM ,B úû

-1

Eq. (9)

where nFin and RFin&PCM are the fin number and the equivalent thermal resistance of the fin and the
PCM respectively. The subscripts ‘T’ and ‘B’ denote the marginal parts of the finned tube.
The total thermal resistance can be calculated by using Eq. (10).

RTotal = RHTF + RTube + RCollar + RFin&PCM

Eq. (10)

The average value of total thermal resistance and the average effectiveness are given by:
1

RTotal ,ave = ò RTotal dγ
0

εave = 1 - e

- NTUave

= 1- e

-

1
1
RTotal ,ave mHTF c p ,HTF

Eq. (11)

Eq. (12)

where εave, mHTF and cp,HTF are the average effectiveness, the mass flow rate and the specific heat
respectively.
Besides, the average thermal resistance outside the tube is given by:

REff ,ave = RTotal ,ave - RHTF - RTube

Eq. (13)

The following heat transfer correlations (Tay et al. 2012) are used to determine the Nusselt number
inside the heat transfer tube under different flow types, and the heat transfer coefficient hf is given
by hf=NuλHTF/d1.
æd ö
0.0668 ç 1 ÷ RePr
èLø

Nu = 3.66 +

éæ d ö
ù
1 + 0.04 êç 1 ÷ RePr ú
ëè L ø
û

( f 8)(Re- 1000 ) Pr

2
3

(Laminar flow, Re≤2300)

Eq. (14)

é æ d1 ö2 3 ù
Nu =
ê1 + ç ÷ ú (Transition flow or turbulent flow, Re>2300)Eq. (15)
1 + 12.7 f 8 Pr 2 3 - 1 ëê è L ø ûú

(

)

where Re=ρHTFud1/μHTF, Pr=μHTFcp,HTF/λHTF, and f=(1.82lgRe-1.64)-2.

3. RESULTS AND DISCUSSION
3.1. Validation of the Thermal Resistance Model
A comparison between the result obtained by present work and the result obtained by Tay et al.
(2014) is shown in Fig. 3, and the structure parameters used in this validation for the TES unit are
d2=d3=12 mm, d4=53 mm, δTube=2 mm, L=280 mm, δFin=1.5 mm and Fp=20 mm. Fig. 3 shows that a
small deviation between present result and reference result is found in the case of the charging
process. Considering that the simple thermal resistance model established in this work without any
adjustable parameters, this model can be conveniently used to analyze the influence factors, and
optimize the structure for the fin-and-tube PCTES unit. Note that the symbol ‘A’ shown in Fig. 3
denotes the heat transfer area without extended surface.
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Figure 3: Validation of thermal resistance model

3.2. Influent Factors of Thermal Performance of the Fin-and-Tube PCTES Unit
In this section, the thermal resistance model aforementioned is used to analyze the effects of several
influence factors on the thermal performance of the fin-and-tube PCTES unit. Besides, the thermal
resistances of the plain tube TES unit with the composite PCM and the finned tube TES unit with the
pure PCM are also discussed, in which the thermal resistance model of the plain tube TES unit was
proposed by Tay et al (2012). The structure parameters used in following discussion for the finned
tube TES unit and the plain tube TES unit are listed in Table 1. Furthermore, the thermal
conductivities for the PCM1 are 0.7 Wm-1K-1 for the solid phase and 0.4 Wm-1K-1 for the liquid phase.
The thermal properties of the heat transfer fluid, including the density, the thermal conductivity, the
specific heat and the dynamic viscosity, are ρHTF=998.2 kgm-3, λHTF=0.599 Wm-1K-1, cp,HTF=4183 Jkg1 -1
K , and μHTF=0.001003 Pas. The thermal conductivities of the heat transfer tube and the fin are
387.6 Wm-1K-1 and 202.4 Wm-1K-1 respectively.
Table 1. Structure parameters for the finned tube TES unit and the plain tube TES unit

d2
δTube
L
δFin
Fp
d4 (Pt)
(mm) (mm) (mm) (mm) (mm) (mm)
Finned tube TES unit 7.4 0.279 381.5 0.105 1.7
22
Plain tube TES unit
7
0.3
381.5
TES unit

As shown in Figs. 4a, 4b and 4c, when the fin pitch decreases or the fin thickness increases or the
PCM thermal conductivity enhances, the thermal resistance outside the tube decreases. Besides,
when the fin pitch is decrease from 1.7 mm to 1 mm, the thermal resistance outside the tube is
decrease from 0.0342 KW-1 to 0.0203 KW-1. When the fin thickness is increase from 0.105 mm to
0.2 mm, the thermal resistance outside the tube is decrease from 0.0342 KW-1 to 0.0202 KW-1. When
the thermal conductivity of the PCM is increase from 0.7 Wm-1K-1 to 4.9 Wm-1K-1, the thermal
resistance outside the tube is decrease from 0.0342 KW-1 to 0.0203 KW-1. Therefore, the increment
of the total cost and the decrement of the energy storage density can be selected as an evaluation
criterion, when several heat transfer enhancement methods are used to improve the thermal
performance of the fin-and-tube PCTES unit.
As shown in Fig. 4(d), with the decrease of the transverse tube pitch, the fin area and the mass of
the filling PCM decrease. When the thermal resistance increment caused by the decrement of the
fin area is small than the thermal resistance decrement caused by the decrement of the filling PCM
mass, the thermal resistance outside the tube decreases. On the contrary, the thermal resistance
increases. Therefore, the thermal resistance outside the tube decreases first and then increases with
the increase of the transverse tube pitch. There exists an extreme point in the REff,ave-Pt variation
curve.
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Figure 4: Effect of the fin pitch, the fin thickness, the thermal conductivity of PCM and the tube pitch
on the thermal resistance outside the tube under the conditions of the discharging process and
mHTF=0.1 kgs-1

Fig. 5 indicates that with the increase of the Reynolds number, the thermal resistance inside the tube
decreases, the thermal resistance outside the tube keeps constant, and the average effectiveness
of the PCTES unit decreases. However, when the flow type inside the tube is beginning to transform
from the laminar flow to the turbulent flow, the average effectiveness increases first. Furthermore,
the thermal resistance inside the tube may higher than the thermal resistance outside the tube even
if the flow type is the turbulent flow.
0.4

Discharging process
REff,ave
RHTF

eave

0.3

0.2

-1

REff,ave (KW )

0.3

0.4

eave

0.2

0.1
0.1
0.0
0.0

0

2000 4000

20000 40000 60000 80000
Re

Figure 5: Variations of the effective thermal resistance and the average effectiveness with the
Reynolds number

As shown in Fig. 6, when the thermal conductivity of the composite PCM filled in the plain tube TES
unit is 9.45 Wm-1K-1, the thermal resistance outside the tube of this unit is similar to that of the finned
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tube TES unit filled with the pure PCM1. Note that the fin pitch and the thermal conductivity of the
pure PCM1 for the finned tube TES unit are 1.7 mm and 0.7 Wm-1K-1 respectively.
In addition, when the thermal conductivity of the composite PCM filled in the plain tube TES unit is 7
Wm-1K-1, the thermal resistance outside the tube of this unit is similar to that of the finned tube TES
unit filled with the pure PCM2. Note that the fin pitch and the thermal conductivity of the pure PCM2
for the finned tube TES unit are 1.7 mm and 0.2 Wm-1K-1 respectively. From above analysis, a
conclusion can be proposed that when the composite PCM with high thermal conductivity is very
expensive, the finned tube can be adopted for the heat transfer enhancement of the PCTES unit.

0.1
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0.3

0.4

0.5

0
0.6

-1

REff,ave (KW )

Figure 6: Comparison for the thermal resistances outside the tube of the plain tube TES unit filling
with the composite PCM and the finned tube TES unit filling with the pure PCM

4. CONCLUSIONS
In this work, a new thermal resistance model of the fin-and-tube PCTES unit is established to analyze
the effect of the fin thickness, the fin pitch, the tube pitch, the thermal conductivity of the PCM, the
Reynolds number on the thermal resistance outside the tube. In addition, the thermal performances
of two kinds of the TES unit are also discussed. The major results presented in this work reveal that
the thermal resistance outside the tube decreases first and then increases with the increase of the
tube pitch. The thermal resistance outside the tube decreases when the fin pitch decreases, the fin
thickness increases or the PCM thermal conductivity improves. Normally, the dominated thermal
resistance of the PCTES unit is the thermal resistance outside the tube. The finned tube can be
adopted for the heat transfer enhancement of the PCTES unit when the composite PCM with high
thermal conductivity is very expensive.

NOMENCLATURE
A
cp
d
Fp
hf
L
m
nFin
NTU
Pr
Pt
R
Re
r

Heat transfer area
Specific heat (Jkg-1K-1)
Diameter (m)
Fin pitch (m)
Heat transfer coefficient (Wm-2K-1)
Tube length (m)
Mass flow rate (kgs-1)
Fin number
Number of transfer units
Prandtl number
Transverse tube pitch
Thermal resistance (KW-1)
Reynolds number
Radius (m)

u
W

Velocity (ms-1)
Weighted factor

Greek symbols
δFin
Fin thickness (m)
ε
Effectiveness
γ
Phase change fraction
λ
Thermal conductivity (Wm-1K-1)
μ
Dynamic viscosity (Pas)
ρ
Density (kgm-3)
Subscripts
ave
Average value
HTF Heat transfer fluid

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2729

Tm

Phase change temperature (K)

PCM

Phase change material
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ABSTRACT
In this paper, a numerical model based on a macroscopic approach and developed to describe
flows, heat and mass transfer phenomena in two-phase heat exchangers, is presented. The twophase flow model is first established and the basics of macroscopic approach at the volume
integration step are introduced. As for the model’s approach, the fluid and solid phases were
represented by a homogeneous media, and the governing equations were obtained by a volume
averaging of local equations. Physical interactions between the phases were modelled by source
terms, whose some parameters formulation could be found either numerically or experimentally.
The important parameters that must be characterized are then identified. Therefore, an
experimental set-up has to be developed to define the formulations of global and local parameters
and then enable the macroscopic simulation of plate and fin heat exchangers.
Keywords: Heat exchangers, porous media, boiling and condensation, changes of state of
refrigerants.

1. INTRODUCTION
Heat exchangers are progressively taking a dominating place in industrial applications. In a general
context of reducing energy consumptions and production costs, they have become a key
component in improving energy system efficiency. Also, the current needs in terms of thermal
efficiency and compactness imply increasing heat flux densities values, which can reach values of
50W/cm² in electronic cooling and 1000W/cm² in solar energy systems. At these levels of heat flux,
the use of phase-change fluids in cooling systems may become necessary to reduce temperature
gradients inside the component and the mechanical energy needs at the pump to overcome the
pressure drop. To overcome these constrains, engineers need to reconsider their methods and use
appropriated tools to assist them in heat exchangers design, optimization and manufacturing.
In design, they can rely on a database of experimental correlations that are satisfying for the
description of heat transfer and pressure drop phenomena in flow boiling or flow condensation at
the scale of the component and useful for the global design of two-phase heat exchangers. Also, it
exists several passive and active methods to enhance heat and mass transfer (Webb and Kim,
2005). Algorithms based on parametric, shape and topology optimization methods, widely
developed and employed for mechanical structure applications at first, are now interesting industry
for thermohydraulic systems (Gosselin and al., 2009) (Dbouk, 2017). Combined to Computational
Fluid Dynamic (CFD) and Computer-Aided Design (CAD) softwares, these approaches can be
used as reliable optimizer tools in engineering that could generate optimized complex and
evolutive structures adapted to heat transfer and fluid flow variations inside thermal devices.
However, each passive method and experimental correlations are applied to specific heat
exchanger architectures, flow regimes and heat exchange modes, and corresponds to particular
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mechanisms of intensification that are still in study. It forces manufacturers to build their own
database of correlations when they develop a new product. Besides, the optimization process
requires appropriate numerical models and solvers to describe fluid flow and heat transfer in the
domain and evaluate the thermos-hydraulic performances, which remains an important subject in
academic research. Obtaining a reliable and cost effective numerical tool to simulate the
functioning of fluid systems including phase change due to boiling or condensation phenomena
remains a major challenge for the industry. Yet, the knowledge of spatial and temporal fluctuations
of flow variables could enable the structural optimization of heat exchangers.
In this paper, we propose a numerical method to solve fluid flows, heat and mass transfer in
thermal components using the principle of equivalent porous media. The principle of this method
consists in describing the flow and interacting phenomena between a fluid flow through a solid
matrix at macroscale without representing the surface, creating an immediate reducing of the
computational cost. This approach has been studied for a long time and has shown good
capacities in solving fluid flows and heat transfer in complex structures but principally using
monophasic fluids. Some research studies have been done to find physical models that can solve
multiphase flows using the approach of porous media (Duval and al., 2004). Experimental works
have also been done with adiabatic two-phase flows (Bonnet, 2007) and a few with flow boiling in
metal foam (Madani and al., 2013) and other complex structures. The complete physical models
proposed for two-phase flows with phase change in porous media are complex and still in study.
We will propose a simplest physical model, user-friendly, cost effective and avoiding a long
process of mathematical development.

2. PHYSICAL MODEL
A physical model has been developed to describe flow of a fluid-mixture in a domain with the
presence of a solid matrix. The matrix solid will represent the extended surface, which can be
compared to fins, enhancing heat and transfer to the fluid-mixture. The phases are assumed as
non-miscible and the solid matrix as non-deformable and fixed. In our cases, we will consider a
mixture of two components: a liquid and a vapor/gaseous phase. We use here the hypothesis that
the two phases constituting the fluid-mixture obey the mixture Euler equations with species. This is
a 4-equations model where we suppose a thermal and dynamic equilibrium between the
constituting phases. It means the phenomena we observe occur with a rapid dynamic. As a
consequence, the constituting phases share the same temperature, velocity and pressure. These
assumptions are often used in physical problems such as flashing flows.
2.1.

System of governing equations

The governing equations of the inviscid flow model (Eq. (1)-(4)) are given in the general
conservative form as below:
Mass of liquid phase

Mass of vapour phase:

Momentum:

Total energy:

Y1
 .  uY1   0
t

Eq. (1)

Y2
 .  uY2   0
t

Eq. (2)

 u
 .  u  u  PI  0
t



Eq. (3)

 E
 .   E  P  u  0
t

Eq. (4)
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The mass fraction of the liquid and vapor phase are considered with respect to the total mass
balance (Y1+Y2=1). The velocity and pressure are defined at the dynamic equilibrium. In Eq. (4),
the mixture total energy is calculated by:

E  e
2.2.

u

2

2

Eq. (5)

Closing laws

Including the internal mixture energy of the fluid which is defined as below:
e  Y1e1  Y2 e2
The mixture density is defined as follows:

1





Y1

1



Y2

2

Eq. (6)

Eq. (7)

To close the system, equations of state for each phase are introduced. In many cases, the liquids
have low compressibility and low sensibility to temperature fluctuations. We use the MurnaghanTait equation of state in the linear form (MacDonald, 1966) to calculate the density of the liquid
phase. This is one of main equations of state that have been used in earth sciences and shock
physics:


P  P0   0  1  1
Eq. (8)
 0 
The bulk modulus of a liquid phase can be evaluated using the standard definition:
P
 


Eq. (9)

Considering an isentropic process, the reference bulk modulus in Eq. (8) is calculated as follows:
 0   0 c02
Eq. (10)
The reference pressure, density and speed of sound (P0,ρ0 and c0) are evaluated at the standard
conditions for temperature and pressure.
The density of the vapor phase calculated with the ideal gas law:
P    2  1  2CV ,2T

Eq. (11)

3. NUMERICAL METHODS
Considering two-dimensional cases, the system of equations (1)-(4) can be rewritten in the
following conservative form:
U F U  G U 


0
Eq. (12)
t
x
y
Where the extended system of conservative variables is U=(ρY1, ρ, ρu, ρv, ρE)T; and the
corresponding vectors of conservative fluxes in the two directions are F(U)=(ρuY1, ρu, ρu²+P, ρuv,
(ρE+P)u)T and G(U)=(ρvY1, ρv, ρuv, ρv²+P, (ρE+P)v)T.
This system is integrated in a two-dimensional domain discretized with a regular Cartesian
computational mesh constituted of nX*nY control volumes. Each element in the domain is defined by
a volume V=ΔxΔy, a center with local coordinates (i,j) and four boundaries (see Fig. 1).
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Figure 1: Definition of the Cartesian computational mesh, control volume and boundaries

Each control volume includes a volume of solid matrix VS with an arbitrary topology and a
surrounding volume of fluid VF. The matrix solid is assumed as fixed, non-deformable and with
constant thermo-physical properties, including thermal conductivity, density and specific heat. The
fluid and solid matrix can also be characterized by their respective volume fraction ε 1=VS/V and
ε2=VF/V. The volume fraction of fluid is also called porosity and is an important parameter in study
of porous media. We will use the following definition of the porosity for the rest of the document
ε=VF/V.

Figure 2: Schematic representation of the solid and fluid volume and boundaries inside a control volume,
defining the porous media

The spatial integration using two-dimensional regular Cartesian mesh and temporal integration
using a first order explicit Euler scheme of the system (10) give the following discrete formulation:

U i , j

n 1

 U i , j
n

n
n
 F * U n 1  F * U n 1
G* U i , j  1  G* U i , j  1
i , j
i , j

2
2
2
2
 t 

x
y









Eq. (13)

This hyperbolic system of partial differential equations can be solved using a Godunov’s scheme.
In numerical analysis and computational fluid dynamics, this scheme corresponds to a
conservative finite-volume method. Exact or approximate Riemann problems are solved at each
inter-cell boundary to evaluate the values in the vectors of conservative fluxes (Toro, 2009). In its
basic form, Godunov's method is first order accurate in both space, and time. This system
describes only the transport and the compression waves. It is important to notice that this step only
solve the hyperbolic system of equations. To introduce the effect of interaction phenomena
between the fluid and solid matrix, an additional numerical step is necessary. All the interaction
phenomena between the solid and the fluid matrix in the domain are taken into account by
additional source terms after solving the discrete formulation (Eq. (13)).
The temporal and spatial integration of source terms are made using the Splitting method. It
assumes the variables constituting the source can be considered as constants during the time
step. Finally, the complete numerical method is presented as a 2-step method. Each step is
successively performed in order to circumvent specific numerical problems:
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-

First, the discrete conservative system of equations (Eq. (13)) is solved using a Godunov
type numerical scheme and a HLLC solver (Toro, 2009) to resolve Riemann problem at the
boundaries, giving an intermediate solution:
n
 F * U n
G* U i , j 
n
n
i, j


U i , j  U i , j  t 
Eq. (14)


x
y



-

Second, the intermediate solution is modified by adding the additional source terms in
source terms vector S(U) one by one using a splitting method, giving the new temporal
solution:

U i , j

n 1

n

n

 U i , j  t S U i , j

Eq. (15)

As we use an explicit temporal formulation, the time step is evaluated considering the maximum
wave velocity σ inside the domain. We introduce a Courant number (CFL) value to ensure
convergence and stability to the solution. The time step is calculated at each iteration as it follows:

dt  CFL

min  x, y 
max  i , j 

Eq. (16)

4. DEFINITION OF SOURCE TERMS
4.1.

Pressure drop

The momentum losses can be calculated using an appropriate flow law. At the macroscopic scale,
three forms of flow laws are mainly used to describe the pressure drop when a fluid flows in a
porous medium. The laws of Darcy and Forchheimer are two most common laws that have been
used in porous media. Historically, they have both been experimentally validated but the Darcy law
has been validated analytically also by using the method of volume averaging on Stokes equation
(Whitaker 2013). There is a transition where viscous forces become non dominant and inertial
effect must be taken into account. In our cases, the source term in momentum equation describing
the viscous and inertial forces due to the fluid flow uses the formulation of the Darcy-Forchheimer
law (Bejan & Nield 2013):
1

P   K u   u u

Eq. (17)

Where µ is the dynamic viscosity of the mixture fluid. In general form, permeability and resistance
inertia coefficient are expressed as tensors. We can notice they can be expressed as simple
scalars in case of isotropic porous media. The tensor values can be determined either by
numerical method or by experimental method (Hugo, 2012) (Kumar, 2014).
4.2.

Fluid-solid heat transfer

We introduce heat transfers between the solid matrix and the fluid flow using the thermal nonequilibrium model (Bejan and Nield, 2013). We introduce a conservation equation on energy for the
solid matrix. Heat transfer at fluid-solid interface and thermal dissipation are defined for solid and
fluid volume as below:
Fluid volume:

 E
 eff

 . k f T   hsf  sf Ts  T 
t



Solid volume:

1    sCP,s

Ts
 eff

 . k s Ts   hsf  sf Ts  T 
t
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In a porous media, the specific surface area is the ratio between the fluid-solid interface area and
the volume of the media. As numerous researchers have proved, the effective thermal conductivity
of the solid and fluid matrix and the heat transfer coefficient at fluid-solid surface can be easily
determined numerically and experimentally for monophasic flow. The thermal dissipation in solid
and fluid domain (first part of the right hand side in (16) and (17)) is solved with a secondary finite
volume solver (Patankar, 1980).
4.3.

Mass transfer due to boiling or condensation

The phase change occurring in the fluid-mixture is introduced in the liquid mass conservation
equation:
Y1
 m
Eq. (20)
t
The local volume mass transfer rate “m” in Eq. (18) is evaluated considering equivalence between
local latent heat and sensible heat between the two phases constituting the fluid-mixture:
 h  hTL T  Tsat 
m  TV
Eq. (21)
LVL Tsat 
4.3.1. Saturation conditions
The temperature saturation can be obtained from the local pressure using the Antoine equation.
The equation parameters A, B and C are taken from (Osborn and Douslin, 1974).
B
Tsat  P  
C
Eq. (22)
A  log10  P 
The latent heat of vaporization LVL(Tsat) is calculated as a function of the saturation temperature
with the following thermodynamic definition:
LVL Tsat   H sat ,2 Tsat   H sat ,1 Tsat 
Eq. (23)
In this equation, the enthalpies of vapor and liquid phases are defined as it follows:
H sat ,2 Tsat   CP ,2Tsat  q2

H sat ,1 Tsat   CV ,1Tsat  q1 

Psat

sat ,1

Eq. (24)
Eq. (25)

The constants q1 and q2 are used to adjust the value of internal energy and enthalpy of each phase
to fit with the latent heat of vaporization data in the literature for any fluid.
The interfacial heat transfer coefficients between the phase k and the interface are defined by
hTk=HTk AI, where HTk the volume heat transfer coefficient between the phase k and the liquid-vapor
interface and AI corresponds to the interfacial surface area between the liquid and vapor phase.
The interface surface area highly depends on the flow topology we consider. In many cases, this
information is not directly available and requires appropriated experimental methods. If flow
topologies can be easily predicted for simple cases such as flow in tubes, it becomes more
complicated when considering flow through complex structures. Previous works have been done to
study the distribution of fluid phases inside porous materials or metal foams in presence of
adiabatic fluid-mixtures flows or flow boiling (Bonnet, 2007) (Abadi and al., 2016). In addition to the
strong dependence on quality, mass flux, velocity ratio, void fraction and working conditions, the
models of flow topology are hardly transposable form one case to another.
4.3.2. Considerations for flow topology
In our case, we will attempt to evaluate the interface surface area using schematic models of flow
topology, which are illustrated in Fig. 3. The volume heat transfer coefficients of each phase are
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assumed as constants. Other models can be found in literature to estimate the local Nusselt
number and may be used to fit with experimental results.

Figure 3: Schematic representation of flow topologies and phases distribution: at the top, bubble or droplet flow
topology; at the bottom, stratified flow topology.

The number of bubbles/droplets per unit of volume N is fixed at the initialization which means there
is neither coalescence nor interpenetration between the bubbles/droplets. We also use an
additional conservative equation on the number of bubbles/droplets per unit of volume:
N
 . Nu  0
Eq. (26)
t

 

This equation is solved after the resolution of the first numerical step considering the velocities
calculated at the mesh boundaries. The bubbles are supposed perfectly spherical and with an
identical radius in each element of the domain. With this consideration, the volume fraction of the
phase constituting the bubbles/droplets can be calculated by:
 1  Yk  4 3
k 
 r N
Eq. (27)
k
3
The mean radius r of the bubbles/droplets can be obtained with the previous equation:

 3 
r  k 
 4 N 

1

3

Then, the interface surface area AI is calculated by the following equation:
AI  4 r 2 N

Eq. (28)

Eq. (29)

5. CONCLUSION AND PERSPECTIVES
In this article, a physical model has been proposed to solve two-phase flows including heat and
mass transfer in thermal components. The governing equations and physical models are defined at
macroscale using the approach of equivalent porous media. All the interaction phenomena
occurring at microscale are modeled at macroscale by additional source terms. Appropriated
formulations are essentials to reproduce the physical interaction between an heat transfer surface
and the mixture fluid. Source terms chosen in momentum, energy and mass conservation equation
have been presented. Most of the variables used in source term formulations can be determined
analytically (porosity, specific surface area, etc.) or some can be estimated numerically using CFD
software (permeability, effective thermal conductivity, etc.). The experimental results obtained
enable us to build heat transfer coefficient laws we can coupled with our numerical method to
simulate fluid flows with phase change. The combination of numerical model and experimental setup enable us to generate a new database of properties, flow and heat transfer laws.
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NOMENCLATURE
AI

Interfacial surface area (m²)

Cv

E
H

Specific heat at constant pressure
e
(J/(kg.K))
Total energy (J/kg)
h
Enthalpy (J/kg)
k

K

Permeability of the porous media (m²)

Cp

Number of bubbles/droplets per unit
of volume
r
Average radius of bubbles/droplets
X and Y component of the velocity
u,v
vector (m/s)
Δt
Time step (s)
Greek letters
α
Specific surface area (m²/m3)
ε
Volumic porosity
κ
Fluid bulk modulus (Pa)
N

m

Specific heat
(J/(kg.K))

at

constant

volume

Internal energy (J/kg)
Heat transfer coefficient (W/m².K)
Thermal conductivity (W/m.K)
Liquid/vapor mass transfer rate per unit of
volume (kg/m3.s)

P

Pressure (Pa or bar)

T

Temperature (K)

Y

Mass fraction

Δx,Δy Spatial step in X and Y direction (m)
β
ρ
γ

Inertial resistance coefficient (m-1)
Density (kg/m3)
Polytropic coefficient
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ABSTRACT
Evaporation is critical for cooling and water purification. Spray evaporators demonstrate advantages
over conventional evaporators, including higher rates of heat and mass transfer. In this study, a
model for evaporation of saltwater is developed and applied to an evaporator. Energy and species
equations are solved in a spherical coordinate system with a moving boundary to determine the
temperature and salt concentration within an evaporating droplet. A droplet distribution function is
used in conjunction with the model to elucidate the characteristics of the entire flow. Evaporator
performance is calculated as a function of inlet temperature, salt concentration, and spray properties.
Evaporator size and power requirements are compared with those of conventional evaporators.
Based on the simulations, it is shown that using a spray evaporator in a refrigeration cycle using salt
water in the evaporator delivers water to the conditioned space heat exchanger at a lower
temperature while still requiring low pumping power.
Keywords: Evaporator, Droplets, Heat Exchanger, Water Purification.

1. INTRODUCTION
As conventional refrigerants fall out of favor due to concerns about their global warming potential,
researchers have started considering alternative refrigerants, including water. One of the challenges
with refrigeration cycles that use water as a refrigerant, however, is that they must operate at subatmospheric pressures, which results in a very low pressure drop budget for the heat exchangers in
the cycle. Due to this, evaporators for these cycles are typically liquid-coupled falling film designs or
pool boiling designs, with the chilled heat transfer fluid being routed to a conditioned space heat
exchanger. While efficient in terms of pressure drop, these designs tend to have lower heat transfer
coefficients than those of forced convective designs, which results in larger heat transfer area
requirements. One way to increase the heat exchange area is through the use of spray evaporators,
in which a spray of droplets into a low pressure zone undergoes partial evaporation.
Spray evaporation has been studied over the past few decades for use in desalination, where it has
been shown to increase heat and mass transfer over flowing water or pool boiling in multi-stage flash
and multi-effect distillation (Miyatake et al., 1981). Therefore, combined cycles, in which water
purification and cooling are both achieved, are potential candidates for the application of this
technology. The water left over after evaporation can be routed directly to a conditioned space heat
exchanger, removing the thermal resistance between the evaporating water and the coupling fluid
used in the conditioned space heat exchanger. The material required to fabricate the evaporator can
also be reduced, resulting in a lower first cost. In this work, a spray evaporator using either pure
water or a salt water solution up to 15 wt% is modeled for water purification and cooling applications.

2. MODEL DEVELOPMENT
A model of a spray evaporator for water and saltwater is developed by first modeling the trajectories
and heat and mass transfer behavior of a single droplet of each size. A size distribution function is
then used to determine the number of droplets of each size in the spray and the results of the single
droplet model are distributed accordingly. The spray evaporator considered in this work is for use in
refrigeration systems that use water as a refrigerant; thus, it is maintained at low pressure. The
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Figure 2: Schematic of the studied spray
evaporator

Figure 1: Droplet with finite volume shells
identified

nozzle is mounted at the bottom of the evaporator with the spray injected upward to allow for
improved performance and a more compact evaporator (Ikegami et al. 2006). A schematic of the
evaporator modeled is shown in Fig. 2. The general method of combining a droplet model with a
spray evaporator model is similar to that reported by Chen et al. (2016). Once the model is
developed, parametric studies are conducted to determine the outlet temperature and concentration
and the required evaporator height as a function of several flow parameters.
2.1.

Droplet Model

The following model describes the behavior of a spherical droplet of water containing dissolved salt
as it undergoes partial evaporation due to exposure to a low-pressure environment while moving
through that environment under the influence of drag and gravity. The model treats the droplet as a
series of finite shells, each of which is considered to have uniform intensive properties. This
conception of the droplet, along with the major effects on the droplet, including forces and heat
transfer, can be seen in Fig. 1. Advective effects within the droplet are neglected because of the
small size of the droplet; therefore, mass transfer occurs due to diffusion and heat transfer occurs
due to conduction.
As the volume of the droplet changes due to evaporation, water is removed from the outermost shell.
With sufficient evaporation and no resizing of the shells, the outermost shell disappears, resulting in
errors in the simulation. Therefore, mass is removed from each shell (and placed into the next larger
shell) in such a way that each shell loses the same fraction of its mass. The mass removed from
shell i is:
i

mr ,i = 4 R m
2

m

j

m

j

j =1
N

j =1

Eq. (1)

where m is the mass flux off the outer surface of the droplet and is calculated using kinetic theory
(Kazemi et al., 2017), R is the radius of the droplet, and mi is the mass of shell i. Mass balances are
performed for each species on each shell. The mass balance for either species is:
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dmk ,i
dt

= − Di −1 Ai ,i

wk ,i − wk ,i −1
w − wk ,i −1
+ D i Ao ,i k ,i
+ mr ,i −1wk ,i −1 − mr ,i wk ,i
ro ,i − ri ,i −1
ro ,i +1 − ri ,i
2
2

Eq. (2)

where the subscript k can represent either water or salt, w is the mass fraction of a given component,
and A is the surface area of a given shell on either the inner (subscript i) or outer surface (subscript
o). The first and second terms represent Fickian diffusion, while the third and fourth terms represent
mass flows associated with changes to the size of the shell. In the innermost shell, the first and third
terms are not included, while for the outermost shell, the second term is not included for both water
and salt, and the fourth term is not included for salt.
In keeping with the previous calculations, which use extensive quantities, the energy is calculated
for each shell. For the interior shells, the energy equation is:

dU i
T −T
T −T
= −kAi ,i i i −1 + kAo ,i i i −1 + mr ,i −1ui −1 − mr ,iui
ro,i − ri ,i −1
ro,i +1 − ri ,i
dt
2
2

Eq. (3)

The first and second terms are the conduction terms, while the third and fourth terms represent the
energy flows associated with changes in the size of the shell. For the innermost volume, the first and
third terms are neglected. The energy equation for the outermost shell is:

dU N
T − TN −1
= −kAi , N N
+ mr ,i −1ui −1 − mAo , N ( hvapor − hN ) − Ao, N (TN − T )
r
dt
o , N − ri , N −1
2

Eq. (4)

where α is the convective heat transfer coefficient, calculated using the correlation of Ranz and
Marshall (1952). The third term represents energy transfer out of the droplet due to evaporation.
The mass and energy balances are solved for all shells simultaneously, and then property relations
are used to compute the density and temperature. The mass and density of each shell are used to
calculate the volume, and this, along with the requirement that the outer diameter of one shell must
be the inner diameter of the next, is used to calculate the radii of the shells.
The motion of the droplet is determined using a kinematic model that takes inertial drag and gravity
into account and is used to determine the convective heat transfer coefficient. Each droplet is
considered to be launched upwards from a nozzle with an initial velocity v0. Performing a force
balance on the droplet, and assuming that the rate of change of mass of the droplet is small relative
to the acceleration gives:

dv 1
= ( −mg + FD )
dt m

Eq. (5)

where FD is the drag force on the droplet and is computed following the work of Lapple and Shepherd
(1940).
2.2.

Spray Distribution Model

Throughout the literature, the droplet distribution function for a flashing spray or spray from a nozzle
is commonly modeled by a lognormal distribution:

f ( D) =

1

D ln ( )

2

 ln ( D / Dmean )  
exp  −0.5 
 

ln 
2
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Table 1. Cycle baseline operating parameters

Parameter
Inlet temperature (Tin)
Inlet velocity (vin)
Inlet salt concentration (win)
SMD
Vapor pressure

Value
20°C
5 m∙s-1
0, 5, 10, 15 wt%
200 μm
0.86 kPa

Two cutoffs are used to determine the range over which the droplet distribution function is
investigated. The first is that the value of f is greater than 10-10 for the diameter of interest. The
second is that the droplets are at least 100 nm in diameter for both physical and numerical reasons.
Because the nozzle for this application is not specified, two parameters are required to specify the
distribution. The first of these is the Sauter mean diameter (SMD), which is the average volume of a
droplet in the spray divided by the average surface area of a droplet in the spray.

 f ( D) D
SMD =
 f ( D) D

3

dD

2

dD

Eq. (7)

The second parameter, which is δ in Eq. 6, is determined through simulation as follows. Initial
simulations indicated that the larger droplets in the spray had a disproportionate effect on the
performance of the evaporator and that the largest droplet size in the spray exhibited a maximum as
a function of δ for a given SMD (Dmean in Eq. 6 is calculated based on the specified values of SMD
and δ). Therefore, to provide a conservative estimate of the performance of the evaporator, the value
of δ that provides the largest maximum droplet diameter is selected.
2.3.

Spray Evaporator Model

The performance of the spray evaporator is calculated by combining the droplet evaporation model
with the spray distribution model. The inlet salt concentration, inlet temperature, inlet velocity, vapor
pressure, and spray distribution parameters are determined. Next, the number of droplets of each
size is determined using the spray distribution, and the droplet model for that diameter is simulated.
An energy balance is then performed on the vapor, and the temperature of the vapor is adjusted until
that energy balance is satisfied. The model assumes that the droplets do not interact, and thus, the
performance of the evaporator can be determined by linear combination of the performance of the
individual droplets.
The baseline parameters for the model are given in Table 1. The baseline inlet temperature is one
that reflects the ambient temperature of seawater in lower latitudes, and the baseline SMD is
selected such that the largest droplets have
diameters less than 2 mm. The baseline
vapor pressure is the vapor pressure of pure
water at 5°C, which is a reasonable
evaporator temperature for a cooling cycle
that uses water as a refrigerant. Parametric
studies are conducted on the SMD, inlet
temperature, and inlet velocity, with all
baseline salt concentrations studied at all
cases.

3. RESULTS AND DISCUSSION
One of the most important parameters for
describing any spray is the SMD, as lower
SMDs reflect higher surface area-to-volume
ratios. The larger the surface area in a given
spray, the more the evaporation that occurs

Figure 3: Effect of SMD on mass fraction
evaporated
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Figure 4: Effect of SMD on outlet temperature of the
spray

Figure 5: Effect of evaporator saturation temperature
on flow outlet temperature

with the same inlet conditions. This can be seen in Fig. 3, which shows the mass fraction of the spray
evaporated (i.e., kg/s of vapor generation per kg/s of flow) as a function of SMD for the four studied
salt concentrations. As the SMD increases, the vapor generation rate decreases almost linearly and
quite severely. The mass fraction evaporated decreases by more than 25% at all salt concentrations
as the SMD is increased from 100 μm to 1000 μm.
The vapor generation rate decreases with increasing salt concentration. As the salt concentration
increases, the saturation temperature for the vapor pressure in the chamber increases, resulting in
less sensible energy being available to drive the evaporation. In addition, evaporation of water from
the droplet surface increases the salt concentration there, exacerbating this effect as evaporation
progresses.
The SMD and salt concentration both affect the temperature at which the remaining liquid exits the
evaporator. This can be seen in Fig. 4. As the SMD increases, the aforementioned decrease in
evaporation seen in Fig. 3 results in more energy remaining in sensible form, which leads to a higher
temperature. As with the evaporated mass fraction, there is a strongly detrimental effect on the outlet
temperature when increasing the mass fraction. Therefore, it is recommended that when designing
spray evaporators for cooling and water purification applications, the SMD for the spray be 400 μm
or less.
The effect of salt buildup at the liquid-vapor interface on the outlet temperature can be seen in Fig.
5, which plots the difference between the outlet temperature and saturation temperature as a function
of the saturation temperature of the vapor in the chamber at the salt concentration of the spray. For
these simulations, the vapor pressure in the chamber was varied to match the selected saturation
temperature for the given salt concentration. For all salt concentrations studied, the difference
between the outlet temperature and the saturation temperature decreases slightly with increasing
saturation temperature. The most likely reason for this is that with a smaller temperature difference
between the inlet temperature and the saturation temperature and the same time to undergo
evaporation, the droplets are able to more closely approach the saturation temperature. The effect
of salt concentration on the outlet temperature is much less pronounced in this case than in the
cases where other parameters are varied, but it can still be seen that the buildup of salt at the
interface results in a decrease in evaporation and a subsequent increase in outlet temperature, even
when the spray has the potential to reach the same temperature.
The inlet temperature of the spray has a much smaller effect on the outlet temperature. Fig. 6 shows
the outlet temperature of the spray evaporator as a function of inlet temperatures ranging from 10°C
to 50°C. Over this 40°C temperature range, the outlet temperature only increases by about 0.9°C at
the lowest salt concentration and by about 1.2°C at the highest salt concentration. This suggests
that if the intent of the evaporator is to provide cooling, it can be operated with almost any inlet
temperature.
From a design perspective, one of the concerns in the design of any heat pump is its footprint. The
spray evaporator is relatively compact laterally (depending on the nozzle used), but due to the
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Figure 6: Outlet temperature as a function of
inlet temperature

Figure 7: Outlet temperature and maximum
droplet height as a function of velocity

upward spraying design considered here, the height is determined directly by the velocity of the
droplets at the nozzle. Because changing the velocity changes the residence time of the droplets in
the evaporator, this has a direct effect on the performance of the cycle, as shown in Fig. 7. The
maximum height achieved by a droplet in the cycle is shown as a dashed line on the secondary yaxis. It becomes immediately apparent from the figure that for the evaporator to be vertically
compact, the velocity must be decreased from the 5 m/s baseline to a value closer to 3 m/s. The
result of this decrease, however, is a decrease in residence time for all droplets, which leads to an
increase in the outlet temperature.
A comparison can be made between the spray evaporator and a conventional falling-film evaporator
at the same capacity. A horizontal-tube falling-film evaporator with a 300 W capacity, saltwater inlet
temperature of 13°C, and inlet salt concentration of 1 wt% was designed separately with 36 rows of
tubes with two tubes per row. Each tube is 23 cm long, and the overall height of the evaporator is
0.5 m. The heat transfer fluid enters the evaporator at 22°C and leaves at 7°C. The pressure in the
evaporator is set so that the 1 wt% solution has a saturation temperature of 5°C. A simulation of a
spray evaporator is conducted with the saltwater being evaporated serving as the heat transfer fluid
in the external heat exchanger, so the inlet temperature for the spray evaporator is 22°C. The velocity
is set so the evaporator height is less than 0.5 m. The results for the two evaporators are compared
in Table 2. Due to the removal of the heat transfer resistance associated with the tubes, the outlet
temperature of the heat transfer fluid in the spray evaporator is reduced by over 1°C while
simultaneously simplifying fabrication of the heat exchanger. The reduced temperature provides a
larger temperature difference across the conditioned space heat exchanger, which allows a lower
flow rate for the same heat transfer.
The spray evaporator does have a higher pumping power requirement. The pumping power
requirement is calculated by assuming an ideal pump, a 10 kPa pressure drop through the loop
including the external heat exchanger, and that any liquid leaving the evaporator at low pressure
must be pumped back up to atmospheric pressure. Although the heat transfer fluid flow rate in the
spray evaporator is lower than that of the falling film, it is at the low pressure associated with the
evaporator and must be pumped back to atmospheric pressure. It should be noted, however, that
the pumping power still remains less than 0.5% of the cooling delivered.
The separation between the evaporator and the external heat exchanger in the above discussion is
not seen in most space-conditioning units. This design choice is due to the small pressure drop
Table 2. Comparison between falling film and spray evaporator

HTF outlet temperature (°C)
HTF flow rate (g/s)
Max ideal pumping power (W)

Falling Film
7.00
4.79
0.1
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available for water as a refrigerant and the large two-phase pressure drops associated with operation
of internal flow evaporators. It is this split nature of the heat exchangers and the ability of the
evaporating fluid to serve as the heat transfer fluid that affords the spray evaporator the advantages
discussed above. A single nozzle can accommodate up to 340 mL min-1 of flow and 6.8 mL min-1 of
water production, but this can be increased by increasing the number of nozzles.

4. CONCLUSIONS
A droplet-based model for a spray evaporator with a nozzle directed upwards has been developed.
The model assesses heat and mass transfer within a droplet and the kinematics of the droplet motion
using a finite volume formulation with variable-volume shells. A statistical spray model is applied in
conjunction with the droplet model to enable modeling of the complete spray. The performance of
the evaporator is simulated at baseline conditions to determine the fraction of the spray evaporated
and the outlet temperature, and parametric studies are conducted to determine the variation in
performance based on the SMD of the spray and the inlet velocity. The performance of a spray
evaporator is compared with that of a falling film evaporator, and the spray evaporator is found to
have lower outlet temperature and flow rate but higher required pumping power.

NOMENCLATURE
A
D
h
k
m
m

area (m2)
mass diffusivity (m2 s-1), diameter (m)
specific enthalpy (kJ kg-1)
thermal conductivity (W m-1 K-1)
mass (kg)
mass flow rate (kg s-1)

SMD

m
mr
R, r

mass flux (kg m-2 s-1)
mass removed (kg s-1)
radius (m)

δ
ρ

Sauter mean diameter (m)
temperature (°C)
internal energy (J)
specific internal energy (J kg-1)
weight fraction
convective heat transfer coefficient
(W m-2 K-1)
spray distribution parameter
density (kg m-3)

N
∞

number of volumes
ambient

T
U
u
w
α

Subscripts

i
o

inner
outer
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ABSTRACT
Maldistribution of fluid among parallel channels is one of the main issues in applications of brazed
plate heat exchangers (BPHEs).
This paper presents an experimental investigation of the single-phase flow distribution in BPHEs and
its impact on the heat exchanger performance.
In the experiments, water is used as the working fluid on both sides. Probes are placed into the
headers of the BPHEs to measure the pressure change along the headers, as well as the pressure
drop and temperature change across different channels.
The results show that the maldistribution is more significant as the number of plates and total mass
flow rate increase. The entrance effect would decrease the flow rate in first several channels. The
maldistribution in channel flow rate results in the non-uniformity of the channel heat capacity.
Keywords: Brazed Plate Heat Exchangers, Single-phase, Distribution.

1. INTRODUCTION
Brazed plate heat exchangers (BPHEs) have been widely used in the heating, ventilating, air
conditioning, and refrigeration industry. But the maldistribution of working fluid among parallel
channels is still one of the main issues. For single-phase flow, the distribution of fluid among parallel
channels is basically determined by the header induced pressure drop, as well as the pressure drop
cross the channels. The maldistribution would generally decrease the performance of BPHEs by
causing a higher pressure drop and a poor utilization of heat transfer area.
Several researchers have worked on the experimental study of single-phase flow distribution in plate
heat exchangers and similar structures. Rao and Das (2004) investigated the influence of flow
distribution on the hydraulic performance of plate heat exchangers by measuring the pressure drop
across the heat exchangers with different number of plates. Their results show that flow
maldistribution generally increases the total pressure drop of the heat exchanger and the pressure
increase is depending on the flow rate, number of plates and port size. The authors also compared
their measurements with the predictive results by the analytical pressure drop model proposed by
Bassoiuny and Martin (1984a, 1984b) and found they agree well with each other. Later, the same
group (Rao et al., 2005) studied the effects of flow maldistribution on the thermal performance of
plate heat exchangers by both experimental and theoretical approaches. The authors concluded that
the flow maldistribution would decrease the effectiveness of the heat exchangers, and the
parameters which are found to influence the maldistribution (flow rate, number of plates and port
size), as a consequence, affect the thermal performance of plate heat exchangers. Instead of just
recording the overall performance of the heat exchangers, Bobbili et al., 2006 tested the port flow
maldistribution by inserting mobile static pressure tubes into the inlet and outlet ports to measure the
pressure drop across each channel. Their experimental data verified that the heat exchangers with
more plates present higher non-uniformity in pressure profile and channel mass flow rate. In addition,
Wang et al. (2011) characterized liquid flow distribution in compact parallel flow heat exchangers
and found that the jet flow at the entrance of heat exchangers, induced by the abrupt expansion of
flow area, would decrease the flow mass in the first several tubes. Taking this entrance effect into
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the consideration, Li and Hrnjak (2018) developed an analytical single-phase flow distribution model
for BPHEs and the model has been validated by the vapor tests.
The objective of this paper is to experimentally explore the single-phase flow distribution in brazed
plate heat exchangers and its impact on the heat exchanger.

2. EXPERIMENTAL SETUP
2.1.

Experimental Apparatus

Fig. 1 shows the schematic of the experimental apparatus. It consists of two independent loops: hot
and cold water loop. Two centrifugal pumps with variable frequency drivers are used to circulate the
distilled water for two loops, respectively. Water is charged from the highest location of each loop
and the system is held vacuum until fully charged, so that no pocket of air is trapped inside. Micromotion flow meter, absolute and differential pressure transducers, and type T (copper-constantan)
thermocouples are installed at locations as indicated in Fig 1. The sensors have been calibrated and
their range and uncertainty are listed in Table 1.

Figure 1: Experiment facility
Table 1. Measurement uncertainty
Measured Parameter
Uncertainty
Temperature (T type)
Absolute pressure (0-172 kPa)
Differential pressure (0-7.5 kPa)
Differential pressure (0-6.9 kPa)
Mass flow rate

0.1 (oC)
0.11 % (full scale)
0.25 % (full scale)
0.25 % (full scale)
0.15 % (reading)

One unique feature of this experiment is placing four probes into the inlet/outlet headers of the BPHE
to measure the temperature change and pressure drop across different channels, as well as the
pressure profile in the headers. Fig. 2 shows the structure of the probe and its relative position in the
BPHE. The probes are designed as inserting a lengthened thermocouple (outer diameter: 1.59 mm)
into a piece of steel tube (outer diameter: 3.18 mm, inner diameter: 2.36 mm). One end of the steel
tube is blocked and a through hole is drilled on the side surface close to that end, to measure the
static pressure in headers. The tip of the thermocouple is bent into the channel through the open
hole of the steel tube, to record the temperature change across a channel. By moving the probes
forward and backward, the temperature change and pressure drop of different channels could be
measured.
The test section is well insulated, with heat loss calibrated so that the energy balance (measured
heat load between hot and cold stream) is within ±4 %. The BPHEs with the identical plate geometry
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but different number of plates have been tested in the experiments. They are all of 1pass-1pass Utype configuration. The geometric parameters of the BPHEs are summarized in Table 2.

Figure 2: Pressure and temperature probes
Table 2. Geometric parameters of the BPHE

Parameter
Chevron angle, φ=90o-β, o
60
Corrugation depth, b, mm
2.0
Corrugation pitch, Pc, mm
7.0
Plate thickness, t, mm
0.30
Port length, Lp, mm
172
Total length, Lv, mm
206
Port width, Lh, mm
42
Total width, Lw, mm
76
2
Heat transfer area per plate, Ap, m 0.014
Port diameter, Dp, mm
20.0
2.2.

Data Reduction

Three BPHEs with different number of plates (4, 10，50 plates) have been tested in this study. In
the tests, the inlet temperature of the hot and cold stream is maintained at 50 and 30 oC respectively.
For each test, the primary measurements of each flow stream are: total mass flow rate; the inlet and
outlet temperature of the entire heat exchanger; the temperature change and pressure drop across
different channels. By moving the probes, the pressure change along the inlet/outlet header is also
obtained.
For the data reduction, fluid properties are calculated at the bulk mean temperature given by：
𝑇ℎ,𝑏 =
Where LMTD is calculated by:

𝑇ℎ,𝑖 + 𝑇ℎ,𝑜
; 𝑇𝑐,𝑏 = 𝑇ℎ,𝑏 − 𝐿𝑀𝑇𝐷
2

𝐿𝑀𝑇𝐷 = [(𝑇ℎ,𝑖 − 𝑇𝑐,𝑜 ) − (𝑇ℎ,𝑜 − 𝑇𝑐,𝑖 )]/𝑙𝑛[(𝑇ℎ,𝑖 − 𝑇𝑐,𝑜 )/(𝑇ℎ,𝑜 − 𝑇𝑐,𝑖 )]

Eq.(1)

Eq.(2)

The heat transfer is obtained from the average of hot side and cold side energy balance, whose
difference is less than 4 %.
𝑄ℎ = 𝑚̇ℎ ∙ 𝑐𝑝 ∙ (𝑇ℎ,𝑖 − 𝑇ℎ,𝑜 ); 𝑄𝑐 = 𝑚̇𝑐 ∙ 𝑐𝑝 ∙ (𝑇𝑐,𝑜 − 𝑇𝑐,𝑖 ); 𝑄𝑎𝑣𝑔 = (𝑄ℎ + 𝑄𝑐 )/2

Eq.(3)

The purpose of testing the 4-plate (3-channel) BPHE is to characterize the liquid flow in a single
plate channel and develop correlations of the heat transfer coefficient and friction factor for this
specific plate geometry. In such a BPHE, the hot fluid is flowing downward in a single channel in the
middle; the cold fluid is flowing upward in two outer channels. To calculate heat transfer coefficient,
the heat transfer data from this BPHE is further processed by following equations:
𝑄𝑎𝑣𝑔 = 𝑈𝐴 ∙ 𝐿𝑀𝑇𝐷
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1
1
𝑡
1
=
+
+
(𝑈𝐴) (ℎℎ 𝐴ℎ ) (𝑘𝑝 ∙ 2𝐴𝑝 ) ℎ𝑐 𝐴𝑐

Eq.(5)

𝑄𝑎𝑣𝑔 = ℎℎ 𝐴ℎ ∙ (𝑇ℎ,𝑏 − 𝑇𝑤,ℎ ) = 𝑘𝑝 ∙ 2𝐴𝑝 ∙ (𝑇𝑤,ℎ − 𝑇𝑤,𝑐 ) = ℎ𝑐 𝐴𝑐 ∙ (𝑇𝑤,𝑐 − 𝑇𝑐,𝑏 )

Eq.(6)

The wall temperatures above are determined iteratively through heat balance of Eq. (6). In such a
4-plate (3-channel) BPHE, ideally, the heat transfer area in two streams is identical: Ah= Ac= 2Ap.
However, the two end plates, which are ideally adiabatic, actually function as fins and transfer heat
due to the heat conduction through the contact with the adjacent thermal plates. Therefore, the active
heat transfer area in cold stream is enlarged. This is known as the “end-plate effect” (Jin and Hrnjak,
2016). The heat transfer area in two streams is corrected as:
𝐴ℎ = 2𝐴𝑝 ; 𝐴𝑐 = 2 ∙ (1 + 𝜂) ∙ 𝐴𝑝

Eq.(7)

Here, η is the fin efficiency of the end plate, which is defined as the ratio between the heat dissipation
through the end plate and that through the adjacent thermal plate. η is depending on the plate
geometry, temperature profiles of two streams and convective heat transfer coefficient. The detailed
analysis and quantification of the end-plate effect could be found on authors’ another ICR2019
conference paper (Li and Hrnjak, 2019).
In the tests, equal mass flux is maintained for both hot and cold stream. Since water is used for both
sides and each plate channel is geometrically identical, it is reasonable to assume that the heat
transfer coefficients of two streams are governed by the same correlation. Therefore, the modified
Wilson plot (Shah, 1990) is used to correlate Nu as a power-law function of Re, Pr, and Sieter-Tate
factor, as Eq. (8) shows.
𝑁𝑢 = 𝐶1 ∙ 𝑅𝑒 𝐶2 ∙ 𝑃𝑟1/3 ∙ (𝜇/𝜇𝑤 )0.14

Eq.(8)

The channel Reynolds number, Re, is defined as:
𝑅𝑒 =

𝑚̇ch ∙𝐷𝑒
𝜇∙𝐴𝑐𝑠

with 𝐷𝑒 = 2 ∙ 𝑏; 𝐴𝑐𝑠 = 𝑏 ∙ 𝐿𝑤

Eq.(9)

As mentioned above that, the fin efficiency of the end plate is convective heat transfer coefficient
dependent. Iteration is thus necessary to develop a reliable heat transfer correlation. The procedure
is: first assume zero fin efficiency (η=0) to obtain a heat transfer correlation by the Wilson plot, and
this correlation is also denoted as the “correlation without end-plate effect correction”; then, use the
developed correlation to calculate the heat transfer coefficient and renew the fin efficiency through
the theoretical solutions in Li and Hrnjak (2019); correct the cold side active heat transfer area by
the fin efficiency and re-use the Wilson plot to update the heat transfer correlation; repeat until the
fin efficiency and heat transfer coefficient are converged.
The Fanning friction factor for a single channel is calculated through Eq. (10):
𝑓=

𝜌 ∙ 𝐷𝑒 ∙ ∆𝑃𝑐ℎ
2𝐿𝑝 ∙ (𝑚̇𝑐ℎ /𝐴𝑐𝑠 )2

Eq.(10)

The friction factor is then correlated with Re in the form as Eq. 11 shows. In later tests of the BPHEs
with more plates, this developed friction factor correlation is used to calculate the mass flow rate
from the channel pressure drop measurements.
𝑓 = 𝐶3 /𝑅𝑒 𝐶4

Eq.(11)

3. RESULTS AND DISCUSSIONS
3.1.

Single Channel Liquid Friction Factor

Fig. 3 shows the liquid friction factor characteristics in a single channel. The tested range is: 180 ≤
Re ≤ 1100. Several studies (Jin and Hrnjak, 2016; Focke, et al., 1985) demonstrated that the
transition from laminar to turbulence in the channel of BPHE usually happens a low Re (100~400).
The tested conditions should be in early turbulence regime.
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It is interesting to notice that there is a slight difference between the friction factor characteristics of
hot and cold stream. Under the same Reynolds number, the friction factor of the hot stream is slightly
higher than that of the cold stream. This may be a result of the different flowing direction of two
streams (hot stream downward flow; cold stream upward flow). Under the influence of the
gravitational force, two streams in opposite flowing direction might present different flow pattern in
the channel which leads to the different pressure drop feature.
For the comparison, the friction factor correlation proposed by Focke et al. (1985) is also plotted.
The Focke’s correlation gives the similar results as the measurements in this study. The small
difference in value may be attributed to the variation in the geometry. Instead of being a general
correlation, the obtained friction factor was only a characterization of the plate used in this study.

Figure 3: Single channel friction factor

3.2.

Single Channel Heat Transfer Coefficient

Fig. 4 shows the developed heat transfer correlations for the BPHEs in this study. For the comparison,
both the correlation without end-plate effect correction and the correlation corrected by the numerical
solution in Li and Hrnjak (2019) are plotted. As shown in Fig. 7, there would be an overestimation of
17 ~ 33% in the heat transfer coefficient if no correction is made in this case. Fig. 7 also gives the
calculated fin efficiency of the end plate in the tests. The results show that the end plate contributes
40 ~ 95% of its surface area as the active heat transfer area.

Figure 4: Single channel heat transfer correlation

3.3.

Multi-Channel BPHEs Pressure Drop and Distribution

Experimental results in two BPHEs with different number of plates (10 plates and 50 plates) are
compared in this section to demonstrate the flow maldistribution in the BPHE. Each heat exchanger
is tested under three average channel mass flow rates: 5 g∙s-1, 7.5 g∙s-1 and 10 g∙s-1 (Corresponding
channel Re ≈ 200 ~ 400).
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The pressure change along the headers, as well as the mass flow rate distribution in the 10-plate
BPHE is shown in Fig. 5a and 5b. The mass flow rate is calculated based on the measured pressure
drop across the channel and the previously developed friction factor correlation. By adapting this
approach, the summation of calculated channel flow rate is within a difference of 5 % compared with
the measured total flow rate in the 10-plate heat exchanger. To compare the results with three
average channel mass flow rates, the non-dimensionalized parameters, defined in Eq. (12), are used.
Basically, the pressure in the headers is represented by the difference with the exit pressure of the
heat exchanger (Pexit) and non-dimensionalized by the total pressure drop of heat exchanger
(│ΔPBPHE│); the channel mass flow rate is plotted as the percentage of the average channel flow
rate.
𝑃∗ =

𝑃 − 𝑃𝑒𝑥𝑖𝑡
𝑚̇𝑐ℎ
∗
; 𝑚̇𝑐ℎ
=
|∆𝑃𝐵𝑃𝐻𝐸 |
𝑚̇𝑐ℎ,𝑎𝑣𝑔

Figure 5a: Pressure in the headers and flow rate
distribution- 10 plates, cold stream

Eq.(12)

Figure 5b: Pressure in the headers and flow rate
distribution- 10 plates, hot stream

As Fig. 5 shows, it seems that the pressure in the headers is almost constant for both streams in the
10-plate BPHE under the test conditions. The impact of the average channel mass flow can also be
ignored since the pressure curves under the different flow rates are almost overlapping. Since the
header induced pressure drop is almost negligible, the mass flow rate distribution is quite uniform
for all three test conditions. It is worthwhile noticing that because the hot stream is flowing downward,
the absolute pressure in the inlet header is actually smaller than that in the outlet header due to the
hydraulic pressure, which gives a negative channel pressure drop.
Figs. 6a and 6b show the results of 50-plate BPHE. As Fig. 6 shows, there is a significant pressure
change in the header. Along the flowing direction, the static pressure generally increases in the inlet
header and decreases in the outlet headers. In the inlet header, the dynamic pressure is converted
to the static pressure due to the fluid continuously branches out through channels and the flow rate
in the header decreases. In the outlet headers, with the fluid continuously entering the header
through channels, the flow in the header accelerates and the static pressure is converted to the
dynamic pressure which causes pressure decrease in flowing direction. It is also noticeable that, due
to the entrance effect (abrupt expansion of flow area at the entrance of the BPHE), the inlet header
pressure rise at the first several channels is much more rapid than that of the rear part. This effect
has not been observed in Fig. 5 since the tested total flow rates are not sufficiently high in the cases
of the 10-plate BPHE. The effect of the average channel mass flow rate is also obvious in this case.
With a higher average channel mass flow rate, the pressure change in the headers is larger.
Comparing Figs. 6a and 5b, it seems that the header pressure change is more significant in hot
stream. One reason is the total pressure drop of heat exchanger (│ΔPBPHE│) is relatively smaller in
the hot stream, where the frictional force and gravitational force are acting in opposite direction.
As discussed previously, the channel flow rate distribution is mainly the results of header induced
pressure drop. As demonstrated in Fig. 6, along the flowing direction in the inlet header, the channel
flow rate first increases for the first several channels due to the entrance effect. For the rest channels,
the flow rate generally decreases with the distance away from the entrance/exit of the heat
exchanger. This may be because the flow path through the channels away from the entrance/exit,

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2751

would have a larger flow resistance, thus receives less mass flow rate. It also could be observed that
the higher average channel flow rate would lead to a more mal-distributed flow distribution.

Figure 6a: Pressure in the headers and flow rate distribution- 50 plates, cold stream

Figure 6b: Pressure in the headers and flow rate distribution- 50 plates, hot stream.

3.4.

Impact of Maldistribution on the Thermal Performance of BPHEs

Fig. 7 shows the channel heat capacity distribution in the 50-plate BPHE under three different flow
rates.

Figure 7: Channel heat capacity- 50 plates

Compared with Fig. 6, it can be observed that the heat capacity distribution is quite similar to the
mass flow rate distribution. The channel receiving more flow rate would have a higher heat capacity.
The exceptions are the channels at two ends: two cold channels at ends have less heat capacity
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since heat is only transferred from one neighboring hot channel; two hot channels at ends have
higher heat capacity due to a larger temperature difference with two outer cold streams. The heat
capacity distribution seems to be more sensitive to the flow rate. With a higher flow rate, the
maldistribution in channel heat capacity is more obvious. The non-uniformity of the channel heat
capacity may lead to a poor utilization of the heat transfer area.

4. CONCLUSION
Single-phase flow distribution in BPHEs has been experimentally investigated. Water is used as the
working fluids. Probes are placed into the headers of the BPHEs to measure the pressure change
along the headers, as well as the pressure drop and temperature change across different channels.
The results show that the maldistribution is more significant as the number of plates and total mass
flow rate increase. The entrance effect would decrease the flow rate in the channels near the
entrance/exit of the heat exchanger. The maldistribution in channel flow rate results in the nonuniformity of the channel heat capacity.
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ABSTRACT
In brazed plate heat exchangers (BPHEs), two end plates function as fins due to the heat conduction
with the adjacent thermal plates. This effect brings difficulties in the development of reliable heat
transfer correlations.
This paper presents a theoretical analysis of the end-plate effect on heat transfer in BPHEs.
In the analysis, the governing equation is obtained by the energy balance of an elementary cell of
the end plate. Then, both numerical and analytical approaches are adopted to solve the governing
equation.
The results show that the numerical solution and analytical solution agree well with each other. The
end-plate effect enlarges the active heat transfer area and leads to an overestimation of the heat
transfer coefficient. An equation for the fin efficiency of the end plates is also proposed.
Keywords: Brazed Plate Heat Exchangers, End-plate Effect, Fin Efficiency.

1. INTRODUCTION
Brazed plate heat exchangers (BPHEs) have been widely used in the heating, ventilating, air
conditioning, and refrigeration industry. A BPHE essentially consists of multiple thin metal plates that
are stamped with a wavy chevron or herringbone pattern. Two working fluids flow through the
alternating channels which are constructed by brazing or welding the plates with opposite chevron
direction together. In such a structure, the “end plate” refers to the “two outer plates that ideally do
not transfer heat”. Since two end plates are usually assumed to be adiabatic, only the interior plates,
also known as the “thermal plates”, are counted in most cases when calculating the active heat
transfer area.
However, the contribution of the end plates to heat transfer is not always trivial, especially when the
plate number is small. For instance, Heggs and Scheidat (1992) suggested that the effect of the end
plates would be beyond 2.5% if the plate number is less than 19. To characterize and compensate
such an effect, most work in open literature have taken the method of adding a correction factor on
log mean temperature difference (LMTD) or plotting ε-NTU for different configurations and operating
conditions. Kandilikar and Shah (1989) investigated the influence of the number of plates on heat
exchanger performance through the numerical analysis for different flow arrangements. They
tabulated the correction factor F for LMTD as a function of capacitance ratio R, number of heat
transfer unit (NTU), temperature effectiveness P and number of plates N. The authors also
concluded that the end-plate effect is negligible only for N > 40. The approach of using the correction
factor has provided a good guideline for some practical purposes. Yet the idealized assumption
renders it insufficient under certain circumstances. Jin and Hrnjak (2017) regarded the end plate as
a fin which transfers heat through the contact with the corrugated surfaces of adjacent thermal plates.
The authors also developed a thermal conduction model to quantify the end-plate effect and
validated their model by the single-phase heat transfer experiments using heat exchangers with
different number of plates. Their results showed that the fin efficiency of the end plate is a function
of the convective heat transfer coefficient and conductive thermal resistance.
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The effect of the end plate is quickly diluted with an increased number of plates in real applications.
But its influence cannot be ignored when the plate number is small, which is often the case in
laboratory settings for the development of heat transfer correlations. The objective of this paper is to
theoretically quantify the end-plate effect and provide a general equation to correct the
measurements, and eventually model for the BPHEs.

2. THEORETICAL ANALYSIS
2.1.

Description of the Problem

Fig. 1 shows the schematic of the end-plate effect. It is convenient to assume the cold fluid (inner
stream) flows upward between the end plate and the adjacent thermal plate; the hot fluid (outer
stream) flows downward in the next channel. The end plate, which is ideally adiabatic, actually
functions as a fin and transfers heat due to the heat conduction through the contact with the adjacent
thermal plate. In Fig. 1, the primary heat flow path is directly through the thermal plate (straight arrow);
for the secondary heat flow path, heat is first conducted through the contact area and then transferred
to the inner stream by convection through the end plate (curved arrow).

Figure 1: End-plate effect

2.2.

Assumptions

Following assumptions are made to simplify the problem:
1. Fluid flow in a plate channel is one-dimensional, along the length of the BPHE (𝑇𝑓 = 𝑓(𝑦));
2. Neglect the thermal resistance in plate thickness direction due to the thin plate;
3. Neglect the thermal resistance of the contact area due to the high thermal conductivity of the
brazing material. This assumption also indicates that the temperature of the contact area is
very close to the local temperature of the outer stream (𝑇𝑐𝑜𝑛𝑡𝑎𝑐𝑡 ≈ 𝑇𝑓,𝑜 );
4. Constant convective heat transfer coefficient (ℎ = 𝐶);
5. Constant thermal conductivity of the plate (𝑘 = 𝐶).
2.3.

Governing Equation

Due to the geometric symmetry of the plate and 1-D flow assumption, it is rational to take half of the
end plate (more precisely, half of the corrugated region) as the object of analysis, as shown in Fig.
2. For this object of analysis, the four edges are assumed to be adiabatic. There are multiple interior
contact areas, of which the temperature is approximated to be the local temperature of the outer
stream. In Fig. 2, there are two sets of rectangular coordinates: (x, y) are along the plate width (Lw)
and length (Lp) direction; (t, n) denote the direction along the corrugated groove and the direction
normal to the corrugated groove. (t, n) is obtained by rotating (x, y) an angle β.
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Figure 2: Object of analysis

Similar to the fin analysis, the essence of the end-plate effect is the balance between the heat
conduction within the plate, with the heat convection between the end plate and the inner stream.
An element of the end plate is taken to analyze the energy balance, as Fig. 3 shows. In Fig. 3,
another coordinate (s) is introduced to represent the curve of the corrugated pattern.

Figure 3: Heat balance of an element of the end plate

For an element of the end plate, the heat conduction is within the corrugated plate and it can be
decomposed into two directions: along the corrugated groove (t) and along the corrugated curve (s).
By using the Fourier’s law and Taylor expansion, the heat conduction terms in Fig. 3 can be
expressed as:
𝑞𝑡 = −𝑘 ∙ 𝑑𝑠 ∙ 𝑑 ∙

𝜕𝑇
𝜕𝑡

𝜕𝑞𝑡
∙ 𝑑𝑡 + 𝑂(𝑑𝑡 2 )
𝜕𝑡
𝜕𝑇
𝑞𝑠 = −𝑘 ∙ 𝑑𝑡 ∙ 𝑑 ∙
𝜕𝑠
𝜕𝑞𝑠
𝑞𝑠+𝑑𝑠 = 𝑞𝑠 +
∙ 𝑑𝑠 + 𝑂(𝑑𝑠 2 )
𝜕𝑠
The convective term is calculated by the Newton’s law of cooling:
𝑞𝑡+𝑑𝑡 = 𝑞𝑡 +

𝑞𝑐𝑜𝑛𝑣 = ℎ ∙ 𝑑𝑡 ∙ 𝑑𝑠 ∙ (𝑇 − 𝑇𝑓,𝑖 )

Eq.(1)
Eq.(2)
Eq.(3)
Eq.(4)

Eq.(5)

Where Tf,i denotes the temperature of the inner stream. Put Eq. (1) ~ (5) into the energy balance:
𝑞𝑐𝑜𝑛𝑣 = 𝑞𝑡 + 𝑞𝑡+𝑑𝑡 + 𝑞𝑠 + 𝑞𝑠+𝑑𝑠

Eq.(6)

Neglect the higher order terms (𝑂(𝑑𝑡 2 ), 𝑂(𝑑𝑠 2 )), and re-arrange the equation:
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𝜕2𝑇 𝜕2𝑇
ℎ
+ 2−
(𝑇 − 𝑇𝑓,𝑖 ) = 0
2
𝜕𝑠
𝜕𝑡
𝑘∙𝑑
Further, let: 𝜃 = 𝑇 − 𝑇𝑓,𝑖 , and assume 𝑇𝑓,𝑖 is varying linearly in y direction: 𝑇𝑓,𝑖 = 𝑇𝑓,𝑖 |

𝑦=0

Eq. (7) becomes:

Eq.(7)
+ 𝑎 ∙ 𝑦, then

𝜕2𝜃 𝜕2𝜃
ℎ
Eq.(8)
+
−
𝜃=0
𝜕𝑠 2 𝜕𝑡 2 𝑘 ∙ 𝑑
Eq. (8) is a partial differential equation (PDE) about 𝜃 and it is the governing equation of the endplate effect. The first two terms in Eq. (8) represent the heat conduction in two directions; the last
term represents the heat convection.
Along with the PDE, the physical boundary conditions are given as following:
𝐿𝑤 𝜕𝜃
Eq.(9)
𝑥 = 0 𝑎𝑛𝑑 𝑥 =
,
= 0;
2 𝜕𝑥
𝜕𝜃
𝑦 = 0 𝑎𝑛𝑑 𝑦 = (𝐿𝑝 − 𝐷𝑝 ),
= −𝑎;
Eq.(10)
𝜕𝑦
𝜃(𝑥𝑖 , 𝑦𝑖 ) = 𝜃𝑖 , (𝑥𝑖 , 𝑦𝑖 ) ∈ 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 𝑎𝑟𝑒𝑎𝑠;

Eq.(11)

The first two conditions are for the four adiabatic edges; the last one accounts the given temperature
at the contact areas.
It is noticeable that the PDE (Eq. (8)) is in (t, s) coordinates but the boundary conditions are in (x, y)
coordinates. Since the s coordinate is not in the (x, y) plane, it is beneficial to convert s in the PDE
into n, which is coplanar with (x, y). The sinusoidal curve of the corrugated pattern can be described
by:
𝑏
2𝜋
𝑏
𝑏
𝐹(𝑛) = 𝑠𝑖𝑛 [ 𝑛 − ] +
2
𝑃𝑐
2
2
Then, the measure of the curve (s), is expressed as:

Eq.(12)

𝑏2𝜋 2
2𝜋
𝑏
𝑑𝑠 = √𝐹′(𝑛)2 + 1 ∙ 𝑑𝑛 = √ 2 𝑐𝑜𝑠 2 [ 𝑛 − ] + 1 ∙ 𝑑𝑛
𝑃𝑐
2
𝑃𝑐
By Eq. 13, the PDE (Eq. 8) is converted to:

Eq.(13)

𝜕2𝜃
1
𝜕2𝜃
ℎ
∙
+ 2−
𝜃=0
2𝜋
𝑏
𝜕𝑛2 𝑏 2 𝜋 2
𝜕𝑡
𝑘
∙𝑑
2[
𝑐𝑜𝑠
𝑛
−
+
1
]
𝑃𝑐
2
𝑃𝑐 2
Eq. (14) is the governing equation in (t, n) coordinates.
2.4.

Eq.(14)

Solution of the Governing Equation

2.4.1. Numerical solution
The first option is to solve the governing equation by the numerical approach, or to be more precise,
the finite element method. To implement the finite element method, a mesh is first generated in the
computational domain, which is the projection of the object of analysis on (x, y) plane (or (t, n) plane).
Then, the target PDE is discretized and solved by the numerical solver in the computational domain.
Fig. 4 gives a specific example of a certain BPHE. Table 1 gives the geometric parameters of the
target BPHE. As Fig. 4 shows, the contact areas in the plate are approximated to be elliptical. In this
calculation, the BPHE has two channels; inlet temperature of the inner and outer stream is 30 oC
and 50 oC respectively; the convective heat transfer coefficient is taken as 2000 W/ m2 K.
From the temperature profile of the end plate in Fig. 4, there is a clear temperature gradient around
the contact areas which drives the heat dissipate within the plate.
The heat dissipation through the end plate can be calculated by following numerical integration:
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𝑏2𝜋 2
2𝜋
𝑏
𝑄𝑒𝑛𝑑 𝑝𝑙𝑎𝑡𝑒 = ∬ ℎ ∙ 𝜃(𝑥, 𝑦) ∙ √ 2 𝑐𝑜𝑠 2 [ (𝑦 ∙ 𝑐𝑜𝑠𝛽 − 𝑥 ∙ 𝑠𝑖𝑛𝛽) − ] + 1 ∙ 𝑑𝑥𝑑𝑦
𝑃𝑐
2
𝑃𝑐

Eq.(15)

Figure 4: Numerical solution of the end-plate effect
Table 1. Geometric parameters of the BPHE

Parameter
Chevron angle, φ=90o-β, o
60
Corrugation depth, b, mm
2.0
Corrugation pitch, Pc, mm
7.0
Plate thickness, d, mm
0.30
Port length, Lp, mm
172
Total length, Lv, mm
206
Port width, Lh, mm
42
Total width, Lw, mm
76
2
Heat transfer area, Aplate, m 0.014
Port diameter, Dp, mm
20.0

2.4.2. Analytical solution
The second option is to seek further simplification of the governing equation and solve analytically.
As mentioned above, one difficulty of this problem is that the PDE and the boundary conditions are
in different coordinates and the conversion between two coordinates would make either PDE or the
boundary conditions quite complicated. To resolve this issue, “flat plate approximation” is adopted.
In this approximation, the corrugated end plate is assumed to be flat and the heat dissipation through
the end plate is approximated by:
𝑄𝑒𝑛𝑑 𝑝𝑙𝑎𝑡𝑒 ≈ 𝑄𝑓𝑙𝑎𝑡 ∙ ∅

Eq.(16)

In Eq. (16), ∅ is the area enlargement factor, which is defined as the area ration of the corrugated
plate to the flat plate. It can be estimated by:
𝐴𝑐𝑜𝑟𝑟𝑢𝑔𝑎𝑡𝑒𝑑 1
𝑋2
𝜋𝑏
≈ (1 + √1 + 𝑋 2 + 4√1 + ) , 𝑋 =
𝐴𝑓𝑙𝑎𝑡
6
2
𝑃𝑐
For a flat plate, the PDE is reduced to:
∅=

𝜕2𝜃 𝜕2𝜃
ℎ
+ 2−
𝜃=0
2
𝜕𝑥
𝜕𝑦
𝑘∙𝑑
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Now, the PDE (Eq. (18)) and boundary conditions (Eq. (9) ~ (11)) are all in (x, y) coordinates and
their forms are relatively simple.
Dealing with the given temperature at multiple interior contact areas is another difficulty. Based on
the previous assumption (1) and (3), one could infer that the temperature of the contact areas is only
a function of y coordinate: 𝑇𝑐𝑜𝑛𝑡𝑎𝑐𝑡 ≈ 𝑇𝑓,𝑜 = 𝑓(𝑦). That means the contact areas at the same level
(same y) have the same temperature. Therefore, the heat conduction in x-direction is much smaller
than that in y-direction. That allows making the “1-D strip simplification”: dividing the end plate into
multiple strips and make 1-D assumption in each strip: 𝜃 ≈ 𝜃(𝑦).
Schematic of the” 1-D strip simplification” is given in Fig. 5.

Figure 5: 1-D strip simplification

With this simplification, a 2-D PDE is converted into multiple 1-D ordinary differential equations
(ODE):
𝑑2 𝜃
− 𝑚2 ∙ 𝜃 = 0
𝑑𝑦 2
ℎ
With: 𝑚2 = 𝑘∙𝑑. The boundary conditions are:
𝑦 = 0 𝑎𝑛𝑑 𝑦 = (𝐿𝑝 − 𝐷𝑝 ),

Eq.(19)

𝑑𝜃
= −𝑎;
𝑑𝑦

𝜃(𝑦𝑖 ) = 𝜃𝑖 , 𝑦𝑖 ∈ 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 𝑎𝑟𝑒𝑎𝑠;

Eq.(20)
Eq.(21)

The boundary conditions separate each strip into multiple segments, in each segment, the ODE can
be solved analytically with two boundary conditions at two ends. The heat dissipation through the
flat plate is then obtained from the following equation:
𝑄𝑓𝑙𝑎𝑡 = ∑ ( ∑
𝑠𝑡𝑟ip

ℎ ∙ ∆𝑥 ∙ ∫ 𝜃(𝑦) ∙ 𝑑𝑦)

Eq.(22)

𝑠𝑒𝑔𝑚𝑒𝑛𝑡
𝑁

𝑃𝑐 ∙ 𝑚
𝑃𝑐 ∙ 𝑚
𝑃𝑐 ∙ 𝑚
√ℎ ∙ 𝑘 ∙ 𝑑 ∙ 𝑃𝑐
= ∑
) ∙ ∑ 𝜃𝑖 + (𝑡𝑎𝑛ℎ (
) − 𝑡𝑎𝑛ℎ (
)) ∙ (𝜃1 + 𝜃𝑁 )}
{2𝑡𝑎𝑛ℎ (
2 ∙ 𝑠𝑖𝑛𝛽
4 ∙ 𝑐𝑜𝑠𝛽
2 ∙ 𝑐𝑜𝑠𝛽
4 ∙ 𝑐𝑜𝑠𝛽
𝑠𝑡𝑟ip

1

If the convective heat transfer coefficient (h) is sufficiently large, all the hyperbolic tangent terms
(tanh) in above equation would be approximately 1, and Eq. (22) can be simplified as:
𝑁

𝑄𝑓𝑙𝑎𝑡

√ℎ ∙ 𝑘 ∙ 𝑑 ∙ 𝑃𝑐
≈ ∑(
∑ 𝜃𝑖 )
𝑠𝑖𝑛𝛽
𝑠𝑡𝑟𝑖𝑝

Eq.(23)

𝑖=1

Then, heat dissipation through the actual corrugated plate could be estimated by Eq. (16)
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2.4.3. Numerical vs. analytical solution
To compare the numerical and analytical solution, the same example (discussed in 2.4.1) is
calculated by the analytical method. The fin efficiency of the end plate, defined as the ratio between
the heat dissipation through the end plate and that through adjacent thermal plate, is used to quantify
the end-plate effect.
η=𝑄

𝑄𝑒𝑛𝑑 𝑝𝑙𝑎𝑡𝑒
𝑎𝑑𝑗𝑎𝑐𝑒𝑛𝑡 𝑡ℎ𝑒𝑟𝑚𝑎𝑙 𝑝𝑙𝑎𝑡𝑒

Eq.(24)

Fig. 6 gives the fin efficiency of the end plate as the function of the convective heat transfer coefficient.

Figure 6: Numerical vs. analytical solution

Fig. 6 shows that the numerical and analytical solution agrees well with each other. The difference
in the fin efficiency of the end plate by these two solutions is within 6 %. In this specific case, the fin
efficiency could reach up to 65 %, which means the end plate contributes up to 65 % of its surface
area as active heat transfer area. Similar to the classical fin theory, the fin efficiency of the end plate
generally decreases with the convective heat transfer coefficient.

3. APPLICATION: CORRECTION OF EXPERIMENTAL DATA
As mentioned previously, one objective of this analysis is to correct the measurements in the
development of heat transfer correlations. An experiment has been conducted to develop a singlephase heat transfer correlation for the BPHE as Table 1 described. In the experiments, 3-channel
BPHE is used (two cold fluid channels at outside, one hot fluid channel in the middle). Water is the
working media for both sides. The temperature change, as well as the pressure drop across the heat
exchanger is recorded during the tests. Modified Wilson plot (Shah, 1990) is used to develop the
heat transfer correlation. The detailed description of the experimental facility can be found in authors’
another ICR2019 conference paper (Li and Hrnjak, 2019).
In such a 3-channel heat exchanger configuration, the cold side heat transfer area is enlarged by
the end plate effect; the hot side heat transfer area keeps unchanged. To correct this effect, the
iteration is necessary: first assume zero fin efficiency to obtain a heat transfer correlation by the
Wilson plot; then, use the developed correlation to calculate the heat transfer coefficient and renew
the fin efficiency through the solutions; correct the active heat transfer area by the fin efficiency and
re-use the Wilson plot to update the heat transfer correlation; repeat above procedure until the fin
efficiency and heat transfer coefficient is converged.
Fig. 7 shows the results of the correction by two solutions. The calculated fin efficiency of the end
plate is also plotted.
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Figure 7: Correction of the heat transfer coefficient

In Fig.7, the numerical and analytical solutions give similar results again in both heat transfer
correlation and fin efficiency. Fig. 7 also demonstrates that there would be an overestimation of 17
~ 33% in the heat transfer coefficient if no correction is made in this case.

4. CONCLUSIONS
The end-plate effect is theoretically analysed in this paper. The governing equation of the end-plate
effect is derived through the energy balance. Two solutions are developed for the governing equation:
numerical and analytical. The calculation aiming at one specific example shows that these two
solutions agree well with each other. The obtained solutions are used to correct the measurements
in the development of heat transfer correlations. The results show that there would be a significant
overestimation in the heat transfer coefficient if the end-plate effect is not corrected.

ACKNOWLEDGEMENTS
The authors thankfully acknowledge the support provided by the Air Conditioning and Refrigeration
Center at the Univ. of Illinois at Urbana-Champaign and CTS (Creative Thermal Solutions Inc.).

REFERENCES
Heggs, P.J., Scheidat, H.J., 1992. Thermal performance of plate heat exchanger with flow
maldistribution, in: R.K. Shah, T.M. Rudy, J.M. Robertson, K.M. Hostetler (Eds.), Compact
Heat Exchangers for Power and Process Industries, HTD, vol. 201, ASME, New York, 87–93.
Jin, S., Hrnjak, P., 2017. Effect of end plates on heat transfer of plate heat exchanger. Int. J. Heat
and Mass Transfer, 108, 740–748.
Kandlikar, S.G., Shah, R.K., 1989. Multipass plate heat exchangers—effectiveness-NTU results and
guidelines for selecting pass arrangements. J. Heat Transfer, 111(2), 300–313.
Li, W., Hrnjak, P., 2019, Experimental investigations of the single-phase flow distribution in brazed
plate heat exchangers and its impact on the heat exchanger, The 25th IIR International
Congress of Refrigeration ICR 2019. Montreal, Paper ID 1564.
Shah, R.K., 1990. Assessment of modified Wilson plot techniques for obtaining heat exchanger
design data heat transfer, in: Proceedings of Ninth International Heat Transfer Conference, vol.
5, 1990, pp. 51–56.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2761

Manuscript ID: 1597
DOI: 10.18462/iir.icr.2019.1597

Influence of commercial refrigeration system design and
refrigerant options on life cycle climate performance
Michael PETERSEN(a), Gustavo POTTKER(a), Brian A. FRICKE(b)
(a)

Honeywell, Buffalo, NY, 14210, USA, michael.petersen4@honeywell.com,
gustavo.pottker@honeywell.com
(b)
Oak Ridge National Laboratory1
Oak Ridge, TN, 37831, USA, frickeba@ornl.gov

ABSTRACT
Ongoing efforts to reduce direct and indirect emissions of commercial refrigeration systems include
using leak reduction measures, refrigerant charge minimization, low global warming potential (GWP)
refrigerants and energy efficiency measures. In this paper, Life Cycle Climate Performance (LCCP)
analysis is used to estimate the lifetime carbon dioxide equivalent emissions of commercial
refrigeration system designs and refrigerant options. Commercial refrigeration systems investigated
in this study include the centralized direct expansion (DX) system with hydrofluorocarbon (HFC) and
hydrofluoroolefin (HFO) refrigerant blends, the transcritical R-744 booster system, and selfcontained systems using R-290. The results of the LCCP analysis are presented for a variety of cities
around the world, and recommended systems and refrigerant options are provided based on direct
and indirect carbon emissions.
Keywords: Commercial Refrigerator, Global Warming, Life Cycle Climate Performance, Refrigerant.

1. INTRODUCTION
The traditional centralized direct expansion (DX) refrigeration system used in commercial
applications is known to suffer from significant refrigerant leakage, especially in older existing
systems. EPA (2012) estimates that the U.S. supermarket industry-wide average refrigerant
emission rate is on the order of 25%. The use of high Global Warming Potential (GWP) refrigerants
in these systems, combined with high refrigerant leakage, can result in considerable direct carbon
dioxide equivalent (CO2e) emissions. In addition, commercial refrigeration systems consume a
substantial amount of electrical energy, resulting in high indirect CO2e emissions. Thus, there are
ongoing efforts to reduce the direct and indirect environmental effects of commercial refrigeration
systems through the use of leak reduction measures, refrigerant charge minimization, low GWP
refrigerants and energy efficiency measures.
With the phase-out of chlorofluorocarbon (CFC) and hydrochlorofluorocarbon (HCFC) refrigerants,
manufacturers turned to hydrofluorocarbons (HFC) as substitutes. These HFC refrigerants are
commonly used in air-conditioning, heat pumping and refrigeration applications, and while they have
zero ozone-depleting potential (ODP), many HFC refrigerants have relatively high GWPs. The need
to be compliant with the Montreal Protocol and related governmental mandates has driven the
industry to revisit the use of long-term alternative refrigerants that are favorable for the environment
and exhibit better thermodynamic cycle efficiency. Alternative refrigerants with lower or near zero
GWP are available, including hydrocarbons such as propane (R-290) and isobutane (R-600a),
ammonia (R-717), carbon dioxide (R-744) and hydrofluoroolefin (HFO) refrigerants such as R-1234yf
and R-1234ze(E) and their blends (UNEP, 2010a,b).
Hydrofluoroolefin refrigerants are a relatively new class of refrigerant and they have very low GWPs;
however, many of them are classified as mildly flammable. Nevertheless, refrigerant blends
Notice: This manuscript has been authored by UT-Battelle, LLC, under Contract No. DE-AC05-00OR22725
with the U.S. Department of Energy. The United States Government retains and the publisher, by accepting
the article for publication, acknowledges that the United States Government retains a non-exclusive, paid-up,
irrevocable, world-wide license to publish or reproduce the published form of this manuscript, or allow others
to do so, for United States Government purposes.
1

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2762

consisting of the proper concentrations of HFOs and HFCs can be made non-flammable, resulting
in alternative refrigerants with GWP values significantly lower than HFCs alone. Such lower GWP
HFO refrigerant blends have the potential to be direct replacements for commonly used high GWP
HFC refrigerants, thereby extending the useful life of HFC-based refrigeration systems.
Hydrocarbon refrigerants have zero ODP and relatively low GWP; however, their flammability poses
a significant safety concern. Therefore, application of hydrocarbon refrigerants is limited to smaller
equipment with limited charge sizes. In commercial refrigeration applications, small self-contained
refrigerated display cabinets which consist of a thermally insulated compartment for the storage of
foods and beverages and an integrated compact refrigeration system can utilize hydrocarbon
refrigerants.
Another refrigerant which has recently gained the attention of the commercial refrigeration industry
is carbon dioxide (R-744). Since R-744 has zero ODP and a GWP value of 1, it is considered an
environmentally-friendly refrigerant option. R-744 is non-flammable and nontoxic, and, it has great
heat transfer characteristics. However, operating pressures for R-744 are significantly higher
compared to commonly used HFC refrigerants. In addition, the critical temperature of R-744 is low,
which indicates that at high ambient temperatures, R-744 will operate in a supercritical cycle. Thus,
transcritical R-744 booster refrigeration systems are currently sought for commercial refrigeration
applications. These systems are currently being designed to maximize performance and safety. In
cool and moderate climates, the on-going developments in transcritical R-744 booster refrigeration
technology have resulted in systems which are competitive with HFC systems (Ge and Tassou,
2011).
The selection of an appropriate refrigeration system and/or refrigerant should be based on several
factors, including the GWP of the refrigerant, the energy consumption of the refrigeration system
over its operating lifetime, and leakage of refrigerant over the system lifetime. For example, focusing
on energy efficiency alone may overlook the significant environmental impact of refrigerant leakage;
while focusing on GWP alone might result in lower efficiency systems that result in higher indirect
impact over the equipment lifetime. Therefore, in this paper, Life Cycle Climate Performance (LCCP)
is used to estimate the lifetime direct and indirect carbon dioxide equivalent emissions of various
commercial refrigeration system designs and refrigerant options for a variety of cities around the
world, with the goal of providing guidance on lower GWP refrigerant solutions with improved LCCP
compared to baseline systems. Commercial refrigeration systems investigated in this study include
the centralized direct expansion (DX) system with hydrofluorocarbon (HFC) and hydrofluoroolefin
(HFO) refrigerant blends, the transcritical R-744 booster system, and self-contained systems using
R-290.
Systems investigated in this study include the baseline centralized direct expansion (DX) system
with R-404A, and alternative systems and refrigerant options such as the centralized DX system with
R-448A, the transcritical CO2 (R-744) booster system and the self-contained R-290 system.

2. REFRIGERATION SYSTEMS
The energy and LCCP impacts of several refrigeration system architectures and refrigerant options
were investigated in this study. The baseline refrigeration system consists of a centralized direct
expansion (DX) system utilizing R-404A. Other refrigeration system options included a centralized
DX system utilizing R-448A, a transcritical R-744 booster system, and the self-contained R-290
system. In general, all of the refrigeration systems had a nominal medium-temperature refrigeration
load of 207 kW and nominal low-temperature refrigeration load of 103 kW. The refrigeration systems
provided cooling for 184 m of low-temperature (frozen food) display cabinets, including reach-in
multi-deck cabinets and coffin cabinets, as well as 138 m of medium-temperature (chilled food)
display cabinets, including open single- and multi-deck cabinets and coffin cabinets. In addition, the
refrigeration systems cooled 139 m2 of walk-in freezer storage space and 399 m2 of walk-in cooler
storage space. A list of design parameters and assumptions for each refrigeration system type and
refrigerant option are shown in Table 1.
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Table 1. Refrigeration system design parameters and assumptions

System Parameter
Refrigerant (GWP)
Refrigerant charge (kg)
Annual refrigerant leak rate
(including service)
Refrigerant loss at end-oflife
MT suction temperature
LT suction temperature
MT and LT superheat
MT return gas temperature
LT return gas temperature
Minimum condensing
temperature
LT subcooling or subcooler
outlet temperature
Condenser or gas cooler
approach temperature

Centralized
DX, baseline
R-404A
(3943)
1400 kg

Centralized
DX
R-488A
(1273)
1400 kg

Transcritical
R744 booster

Selfcontained

R-744 (1)

R-290 (3)

750 kg

50 kg

18%

18%

18%

5%

10%

10%

10%

15%

-6.7°C
-28.9°C
5K
15°C
5°C

-6.7°C
-28.9°C
5K
15°C
5°C

-5.5°C
-27.7°C
5K
15°C
5°C

-6.7°C
-28.9°C
5K
10°C
0°C

21°C

21°C

10°C

N/A

4.4°C outlet

4.4°C outlet

0°C

3°C

4°C

4°C

4°C

4°C

3. ENERGY MODELING
The whole-building energy modelling tool, EnergyPlus, was used to estimate the annual energy
consumption of a prototypical supermarket with the various refrigeration systems. The energy
analysis was performed for 12 cities across the world, as shown in Table 2. The average, minimum
and maximum temperatures shown in Table 2 for each city were obtained from the weather files
used as input to the EnergyPlus simulations. The prototypical supermarket used in the EnergyPlus
simulations has a floor area of 4181 m2 and is based on the new construction reference supermarket
model developed by the US Department of Energy (Deru et al., 2011).
Table 2. Cities and their annual average temperatures, as used in the energy and LCCP analyses

City, Country
Athens, Greece
Atlanta, USA
Cairo, Egypt
Guangdong, China
Melbourne, Australia
Mexico City, Mexico
Miami, USA
Minneapolis, USA
New Delhi, India
Phoenix, USA
Riyadh, Saudi Arabia
Sao Paulo, Brazil

Annual average
temperature (°C)
17.9
16.7
21.7
22.3
13.8
16.9
24.5
7.7
24.5
23.8
26.2
19.9

Minimum
temperature (°C)
2.0
-12.8
7.0
6.0
0.0
2.5
5.0
-31.1
4.2
2.2
4.0
8.0

Maximum
temperature (°C)
37.2
36.7
43.0
37.0
39.0
30.0
35.6
37.2
43.6
44.4
46.0
35.0

4. LIFE CYCLE CLIMATE PERFORMANCE (LCCP)
The Life Cycle Climate Performance (LCCP) of a refrigeration system is defined as the sum of the
direct and indirect carbon dioxide equivalent (CO2e) equivalent emissions resulting from system
construction, operation and decommissioning. Direct emissions include the environmental effects of
leakage of refrigerant which occurs during system operation, servicing, and at the end-of-life as well
as during refrigerant production and transportation. Indirect emissions include the environmental
effects associated with the production and distribution of the energy required to operate the
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refrigeration system as well as energy associated with production, transportation and disposal of the
system.
The Life Cycle Climate Performance, LCCP, of a refrigeration system may be determined as follows:
𝐿𝐶𝐶𝑃 = 𝐸𝑑𝑖𝑟 + 𝐸𝑖𝑛𝑑𝑖𝑟

Eq. (1)

where 𝐸𝑑𝑖𝑟 is the direct emissions and 𝐸𝑖𝑛𝑑𝑖𝑟 is the indirect emissions. The direct emissions are
determined as follows (IIR, 2016):
𝐸𝑑𝑖𝑟 = C(𝐿 ∙ 𝐴𝐿𝑅 + 𝐸𝑂𝐿)(𝐺𝑊𝑃 + 𝐺𝑊𝑃𝑎𝑑𝑝 )

Eq. (2)

where C is the refrigerant charge (kg), L is the average lifetime of the refrigeration system (yr), ALR
is the annual refrigerant leak rate (in percentage of refrigerant charge), EOL is the end-of-life
refrigerant leakage (in percentage of refrigerant charge), GWP is the global warming potential of the
refrigerant (kg CO2e·kg-1) and GWPadp is the global warming potential of the atmospheric degradation
products of the refrigerant (kg CO2e·kg-1). The indirect emissions are determined as follows (IIR,
2016):
𝐸𝑖𝑛𝑑𝑖𝑟 = L ∙ AEC ∙ EM + ∑(𝑚 ∙ 𝑀𝑀) + ∑(𝑚𝑟 ∙ 𝑅𝑀) + C ∙ (1 + 𝐿 ∙ 𝐴𝐿𝑅) ∙ RFM + C
∙ (1 − 𝐸𝑂𝐿) ∙ RFD

Eq. (3)

where AEC is the annual energy consumption of the refrigeration system (kWh), EM is the carbon
dioxide emissions associated with energy production (kg CO2e·kWh-1), m is the mass of the
refrigeration system (kg), MM is the carbon dioxide emissions associated with material production
(kg CO2e·kg-1), mr is the mass of recycled material (kg), RM is the carbon dioxide emissions
associated with recycled material production (kg CO2e·kg-1), RFM is the refrigerant manufacturing
carbon emissions (kg CO2e·kg-1) and RFD is the refrigerant disposal emissions (kg CO2e·kg-1). Table
3 provides emissions factors used for the LCCP analysis (Deru and Torcellini, 2007; Brander et al.,
2011).
Table 3. Emission factors for electricity production

City, Country
Athens, Greece
Atlanta, USA
Cairo, Egypt
Guangdong, China
Melbourne, Australia
Mexico City, Mexico
Miami, USA
Minneapolis, USA
New Delhi, India
Phoenix, USA
Riyadh, Saudi Arabia
Sao Paulo, Brazil

Emission factor
for electricity
production
(kg CO2e·kWh-1)
2.107
0.788
0.573
1.076
1.076
0.549
0.788
0.788
1.801
0.594
0.877
0.110

5. RESULTS AND DISCUSSION
5.1.

Energy Consumption

The annual energy consumption for the four refrigeration systems is summarized in Fig. 1. As
expected, the annual energy consumption correlated well with the annual average ambient
temperature, with the warmer cities exhibiting higher annual refrigeration system energy
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consumption (see Fig. 2). For all cities modelled, it was found that the centralized R-448A DX system
consumed less energy than the baseline centralized R-404A system. On average, the R-448A DX
system consumed 7.2% less energy than the baseline R-404A system. Both the transcritical CO2
booster system and the self-contained R-290 system consumed on average approximately 6% more
energy than the baseline R-404A DX system. The transcritical CO2 booster system showed greater
energy efficiency for the colder climate (Minneapolis, USA), while the self-contained R-290 systems
performed slightly better than the baseline system for the hottest climate (Riyadh, Saudi Arabia).

Figure 1: Annual energy consumption of the four refrigeration systems

Figure 2: Annual energy consumption versus average annual temperature

5.2.

Life Cycle Climate Performance (LCCP)

The total lifetime carbon dioxide equivalent emissions of each of the four refrigeration systems in the
various cities is shown in Fig. 3. Note that the total emissions shown in Fig. 3 are divided into the
direct and indirect contributions. It can be seen that the R-448A DX system, the transcritical CO2
booster system and the self-contained R-290 systems all exhibit lower total carbon dioxide
equivalent emissions than the baseline R-404A DX system. Direct emissions associated with the
baseline R-404A system are significant, and many times represent nearly half of the total carbon
emissions. Compared to the baseline R-404A DX system, direct carbon dioxide equivalent emissions

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2766

are reduced by 67% with the R-448A DX system. Direct emissions from the transcritical CO2 booster
system and the self-contained R-290 systems are negligible. Furthermore, the indirect emissions
which are associated with energy consumption generally dominate the total emissions for all the
refrigeration systems investigated.

Figure 3: Total lifetime carbon dioxide equivalent emissions of the four refrigeration systems

The influence of sources of electric power generation on indirect emissions is illustrated in Fig. 4.
Renewable energy, consisting mainly hydroelectric power with smaller contributions from wind and
solar, account for nearly 80% of Brazil’s electrical energy generation (EIA, 2017a). Thus, Brazil’s
carbon emissions associated with electrical power generation are very low compared with the other
countries considered in this study. Therefore, the total lifetime carbon dioxide equivalent emissions
associated with the four refrigeration systems is by far the lowest for Sao Paulo. Greece and India,
on the other hand, rely almost totally on fossil fuel fired plants for electrical energy production (EIA,
2016), resulting in large indirect and total carbon dioxide equivalent emissions.

Figure 4: Indirect carbon dioxide equivalent emissions of the four refrigeration systems
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The cities of Atlanta, Miami, Minneapolis and Phoenix in the United States produced similar levels
of emissions, where on average, 63% of US electricity is produced by fossil fuelled power plants.
Cairo, Egypt and Riyadh, Saudi Arabia rely heavily on natural gas for electrical energy production
(EIA, 2017b; EIA, 2018) and showed similar levels of carbon dioxide equivalent emissions, with
Riyadh producing higher levels than Egypt due its slightly warmer climate.
On average, the total lifetime carbon dioxide equivalent emissions for the R-448A DX system was
34% lower than that of the baseline R-404A DX system for the cities investigated. In addition, the
total lifetime carbon emissions for the transcritical CO2 booster system and the self-contained R-290
systems were approximately 40% lower than that of the baseline R-404A DX system.

6. CONCLUSIONS
In this paper, energy analyses and life cycle climate performance (LCCP) analyses were performed
on four different commercial refrigeration systems for 12 cities across the world. The four commercial
refrigeration systems included the R-404A DX system, the R-448A DX system, the transcritical CO2
booster refrigeration system, and the self-contained R-290 system. The energy and LCCP analyses
provided insight into the environmental effects associated with refrigeration system design and
refrigerant selection across the world.
Compared to the baseline R-404A DX refrigeration system, the R-448A DX refrigeration system was
found to have 67% less direct emissions, which is attributed to the lower GWP of the refrigerant, and
7.4% less indirect emissions due to increased system efficiency. The direct emissions of the
transcritical CO2 booster system and the self-contained R-290 system were found to be negligible
due to the very low GWP of R-744 and R-290. However, the indirect emissions of the transcritical
CO2 booster system and the self-contained R-290 system were found to be approximately 5% to 6%
higher on average than the baseline R-404A DX system due to their higher energy consumption.
Nevertheless, all three refrigeration system designs/refrigerant options (R-448A DX, transcritical R744, and self-contained R-290) produced lower total carbon dioxide equivalent emissions than the
baseline R-404A DX system.
It was found that the sources of the electric power generation greatly influenced the total carbon
dioxide equivalent emissions of the refrigeration systems. In regions where the electricity is
generated primarily from fossil fuel fired power plants, the total carbon dioxide emissions are the
greatest and the centralized R-448A DX system provided the lowest total carbon dioxide equivalent
emissions for these regions. However, for regions with higher renewable energy sources and less
fossil fuel fired power plants, the total carbon dioxide emissions are the lowest and the transcritical
CO2 booster system and the self-contained R-290 systems provided the lowest total carbon dioxide
equivalent emissions in these regions.

NOMENCLATURE
AEC
ALR
C
Edir
Eindir
EM
EOL
GWP
GWPadp

Annual energy consumption (kWh)
L
Refrigeration system lifetime (yr)
Annual refrigerant leak rate (% total
LCCP Life cycle climate performance (kg CO2e)
charge)
Refrigerant charge (kg)
m
Mass of refrigeration system (kg)
Emissions for material production
Direct emissions (kg CO2e)
MM
(kg CO2e·kg-1)
Indirect emissions (kg CO2e)
mr
Mass of recycled material (kg)
Emissions due to energy production
Refrigerant
disposal
emissions
RFD
(kg CO2e)
(kg CO2e·kg-1)
End-of-life refrigerant leakage (%
Refrigerant manufacturing emissions
RFM
total charge)
(kg CO2e·kg-1)
Global warming potential
Emissions
for
recycled
material
RM
(kg CO2e·kg-1)
production (kg CO2e·kg-1)
GWP of atmospheric degradation
products (kg CO2e·kg-1)
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ABSTRACT  
Adsorption  chillers  are  a  promising  option  for  environmentally  friendly  data  centre  cooling  allowing  
for   high   energy   efficiency.   Waste   heat   from   liquid   cooled   CPUs   (~60  °C)   drives   the   cooling   for  
auxiliary   loads   (~20  °C)   with   heat   rejection   around   30  °C.   Adsorption   properties   of   the   metal-
organic   frame   work   (MOF)   aluminium   fumarate   largely   outperform   the   state-of-the-art   material  
silica  gel  at  these  temperatures.  With  adsorbent  coatings,  volume  and  mass  specific  cooling  power  
may  be  increased  to  reduce  specific  costs.  
Samples   were   prepare   with   a   binder-based   aluminium   fumarate   coating   in   three   different  
thicknesses   (140–610  µm)   and   measured   for   adsorption   dynamics   with   large-temperature-jump-
experiments.   Uptake-times   (15-85%)   are   in   the   range   of   9–78  s.   On   a   full   scale   heat   exchanger  
expected   volume   and   adsorbent   mass   specific   cooling   powers   are   200–700  W  l-1   and   1.3–
14  kW  kg-1   –   an   increase   to   state-of-the-art   of   3–10   times   and   >10   times   at   reasonable   cooling  
COPs  of  0.47–0.57.  
Keywords:   Adsorption   Cooling,   Data   Centre   Cooling,   Energy   Efficiency,   Metal   Organic  
Frameworks,  Aluminium  Fumarate,  Adsorbent  Coating.  

1.   INTRODUCTION  
Adsorption   chillers   are   an   environmentally   friendly   solution   for   the   valorisation   of   waste   heat   for  
cooling   demands.   The   working   principle   allows   a   simple,   robust   and   scalable   design.   Adsorption  
chillers  and  heat  pumps  have  been  applied  successfully  for  different  applications  like  solar  thermal  
cooling   of   buildings   (Meunier,   2013)   or   gas   adsorption   heat   pumps   (Metcalf   et   al.,   2012).   A  
possible  application  that  has  attracted  rising  interest  in  recent  years  is  the  provision  of  data  centre  
cooling   driven   by   heat   yielded   from   water   cooled   CPUs.   Current   high   performance   CPUs   allow  
cooling  water  temperatures  of  up  to  60  °C  or  more  (Wilde  et  al.,  2017;;  Zimmermann  et  al.,  2012)  
that  can  be  used  to  drive  adsorption  chillers.  
An  adsorption  chiller  (Figure  1)  consists  of  two  adsorption  heat  exchangers,  a  condenser  and  an  
evaporator   in   a   pure   working   fluid   atmosphere.   If   temperatures   below   0  °C   can   be   excluded,  
usually   water   is   used   as   working   fluid   due   to   its   high   evaporation   enthalpy.   The   adsorption   heat  
exchangers  (Ad-HX)  have  a  heat  transfer  fluid  on  the  primary  and  a  stationary  adsorbent  material  
or  composite  on  the  secondary  side.  The  process  is  cyclic:  In  the  first  half-cycle  the  CPU’s  waste  
heat   is   used   to   regenerate   the   first   Ad-HX.   The   desorbed   working   fluid   is   condensed   in   the  
condenser   which   is   cooled   to   the   ambient   at   e.g.   30  °C.   In   the   second   half-cycle   working   fluid   is  
adsorbed  on  the  Ad-HX  which  is  again  cooled  to  the  ambient.  The  resulting  pressure  drop  induces  
the  evaporation  in  the  evaporator  at  about  20  °C.  For  continuous  provision  of  cold,  two  Ad-HXs  are  
operated  alternately.  
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Figure  1:  Working  principle  of  an  adsorption  chiller  for  data  centre  cooling.  

  

Aluminium   fumarate,   a   metal-organic   framework   (MOF)   that   attracted   increasing   interest   for  
thermal   applications   in   recent   years,   exhibits   adsorption   equilibrium   properties   that   fit   well   to   the  
boundary   conditions   of   this   cycle.   Compared   to   the   state   of   the   art   material   silica   gel   it   allows  
considerably  more  efficient  cycles  with  a  good  hydrothermal  cycle  stability  (Jeremias  et  al.,  2014;;  
Kummer  et  al.,  2017).  The  material  is  potentially  a  low  cost  material  due  to  widely  available  educts  
(Al-salts  and  fumaric  acid)  and  water  based  synthesis  route  (Kiener  et  al.).    
The   increase   of   volume   specific   cooling   power   (VSCP)   –   thus   reduction   of   specific   costs   –   while  
keeping  a  reasonably  high  COP  is  one  of  the  major  development  challenges  for  adsorption  chillers  
(Schnabel  et  al.,  2018).  Typical  values  for  COPs  of  market  available  adsorption  chillers  are  in  the  
order  of  0.5  to  0.65  (ASUE,  2017).  In  the  case  of  data  centre  cooling  the  target  COP  is  determined  
by   the   ratio   of   low   temperature   cooling   demand   and   available   waste   heat   from   CPUs   which  
typically   is   in   the   same   range   (Wilde   et   al.,   2017).   A   promising   approach   to   increase   VSCP   is   to  
use   binder   based   adsorbent   coatings   to   allow   for   a   substantially   better   heat   transfer   to   the   heat  
exchanger   structure   in   comparison   to   loose   grain   bed,   the   state   of   the   art   solution   (Freni   et   al.,  
2015).  
The  aim  of  this  study  is  to  evaluate  the  potential  of  binder  based  aluminium  fumarate  coatings  in  
adsorption  chillers  for  data  centre  cooling.  Based  on  a  variation  of  the  coating  thickness  particular  
attention  will  be  paid  to  the  effect  of  this  key  design  parameter.  

2.   MATERIAL  
The  aqueous  dispersion  (26.8  wt%  aluminium  fumarate  Basolite®  A520,  BASF;;  17.9  wt%  SilRes®  
MP50E,   Wacker   Silicones)   was   processed   by   a   knive   coating   applicator   on   50x50x2   mm   AlMg3  
sample   plates.   The   wet   film   thickness   was   varied   by   an   octagonal   stainless   steel   mask   with   a  
defined  thickness  (200,  350,  600  µm)  and  constant  coating  surface  𝐴ct   (18.7  cm2).  Samples  were  
oven   dried   at   200  °C   for   3  h   before   measuring   coating   thicknesses   𝑑ct    of   final   samples   (Table   1,  
Figure   2)   at   five   points   with   a   probe   indicator.   Total   dry   adsorbent   content   𝑤&,()*    and   sample  
adsorbent   dry   mass   𝑚s    were   calculated   based   on   experimentally   determined   dry   mass   of  
dispersion  components  and  final  samples,  as  shown  by  Kummer  et  al.  (2015).    
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Table  1:  Sample  properties  
Sample  

𝑚s   (mg)  

𝑑ct   (µm)  

𝑤s,dry   (-)  

Ct_140  

100  

140±40  

0.749  

Ct_240  

163  

240±50  

0.749  

Ct_610  

422  

610±70  

0.749  

Figure  2:  Sample  with  610  µm  coating  

  

  

  

3.   EXPERIMENTAL  
The   measurement   set-up   for   the   experiments   carried   out   is   described   in   detail   in   recent  
publications   by   Sapienza   et   al.   (2017)   and   Velte   et   al.   (2017).   It   consists   mainly   of   two   vacuum  
chambers  with  pressure  sensors  (MKS  Baratron  627B),  an  infrared  temperature  sensor  (Heitronics  
KT15.82   IIP)   for   sample   surface   temperature,   and   three   Pt-100   temperature   sensors   to   measure  
the  vapour  temperature  in  the  dosage  chamber  and  the  carrier  plate  temperature,  respectively.  The  
samples  are  placed  on  the  carrier  plate  with  thermal  grease  (TG20032)  for  a  good  thermal  contact.  
Two   independent   thermostats   are   operated   in   parallel   and   each   of   them   can   be   coupled   to   the  
carrier   plate   via   the   hydraulic   circuit.   The   switching   between   the   two   thermostats   is   very   fast  
(switching   time   <   0.5  s)   due   to   pneumatically   actuated   valves.   For   the   large   temperature   jump  
(LTJ)   experiments   the   sample   is   heated   up   while   the   measurement   chamber   is   connected   to   the  
vacuum   pump.   After   this   pre-conditioning   dosage   chamber   and   measurement   chamber   are   filled  
with  water  vapour  at  a  certain  pressure.  After  reaching  equilibrium,  the  thermostats  are  switched.  
The  sample  starts  to  ad-  or  desorb  water  vapour  to  reach  the  new  equilibrium.  The  mass  of  water  
vapour  that  is  ad-  or  desorbed  can  be  calculated  by  applying  the  law  of  the  ideal  gas  to  the  closed  
system  (volumetric  measurement).    
LTJ   experiments   from   45   to   35  °C   and   from   50   to   30  °C   were   performed   (carrier   plate  
temperatures).  Given  a  driving  temperature  difference  of  5  K,  this  simulates  boundary  conditions  of  
about   60  °C   for   driving   heat   and   30   or   25  °C   respectively   for   heat   rejection.   The   earlier   is   easier  
met  in  actual  application  while  the  latter  is  expected  to  allow  for  better  performance.  To  keep  the  
average  pressure  at  about  23.4  mbar  (i.e.  20  °C  evaporator  temperature)  for  all  measurements,  the  
initial   pressure   in   measurement   chamber   and   dosage   chamber   was   slightly   lower   for   larger  
samples  than  for  smaller  samples.  

4.   RESULTS  
In   this   section   we   first   report   the   large   temperature   jump   experiment   results   followed   by   an  
extrapolation  to  the  performance  of  a  full  adsorber  heat  exchanger.    
4.1.  

Large  Temperature  Jump  

The   temperature   jump   experiments   show   fast   adsorption   kinetics   of   all   samples   with   the   larger  
temperature  jumps  (50  →  30  °C)  slightly  faster  than  the  smaller  jumps  (45  →  35  °C).  As  expected  
the   adsorption   time   increases   with   coating   thickness.   The   uptake   over   time   (Figure   3)   shows   the  
exponential   form   typical   for   adsorption   kinetic   experiments   (Velte   et   al.,   2017).   The   significantly  
delayed  surface  temperature  response  indicates  heat  transfer  to  be  among  the  rate  limiting  steps,  
especially  for  thicker  coatings.  
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Figure  3:  Surface  temperature  (left)  and  relative  uptake  (right,  determined  volumetrically)  over  time  
after  rapid  jump  (𝝉  <  1  s)  of  the  carrier  plate  temperature  for  different  coating  thicknesses.  Here  the  
data  for  the  jump  from  45  to  35  °C  is  shown.  

The   absolute   uptake   (Figure   4)   does   not   change   much   with   the   jump   temperature   boundary  
conditions.  This  can  be  explained  by  the  form  of  the  isotherm  with  a  step  at  about  𝑝/01   =  0.3  (Splith  
et   al.,   2018):   Both,   the   small   and   the   large   jump   cover   this   step   as   shown   by   the   step   initial   and  
end   state   in   Table   2.   The   relative   uptake   shows   a   good   comparability   between   the   different  
samples.   The   remaining   differences   are   due   to   slight   deviations   in   experimental   conditions   and  
small  errors  of  dry  mass  determination.  
  

  

Figure  4:  Area  specific  uptake  and  loading  spread  for  different  coating  thicknesses  and  
measurement  conditions.  

Table  2:  Initial  (0),  final  (∞)  and  integral  results  of  LTJ  experiments  for  differently  coated  samples  

𝑑ct   
(µm)  
140  

𝑇4 → 𝑇6     (°C)  

𝑝4 → 𝑝6   (mbar)  

𝑝rel,4 → 𝑝rel,6   

Δ𝑚ad   (mg)  

Δ𝑋  (mg/g)  

44.9  →  34.8  

24.1  →  23.3  

0.25  →  0.42  

23.2  

232  

Δ𝑡?@AB@   
(s)  
11  

140  

49.8  →  30.0  

24.1  →  23.1  

0.20  →  0.54  

29.8  

298  

9.3  

240  

44.9  →  34.9  

24.4  →  23.0  

0.26  →  0.41  

39.8  

244  

24  

240  

49.8  →  30.0  

24.4  →  22.6  

0.20  →  0.53  

52.1  

320  

20  

610  

45.5  →  34.9  

24.3  →  20.8  

0.25  →  0.37  

102  

241  

78  

610  

49.8  →  30.0  

24.4  →  20.2  

0.20  →  0.48  

121  

288  

57  
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For  further  evaluation  the  15-85%  uptake  time  constant  Δ𝑡?@AB@   is  evaluated  in  Figure  5,  being  the  
range   of   9   to   57  s   and   11   to   78  s   for   the   larger   and   the   smaller   jumps.   The   faster   kinetics   of   the  
larger  jump  is  again  a  result  of  the  step  like  isotherm.  For  experiment’s  pressure  level  (23.4  mbar)  
the   equilibrium   temperature   at   the   step   position   is   of   about   40  °C.   This   results   in   higher   driving  
temperature  differences  for  the  larger  jumps.  
To  what  extent  heat  or  mass  transfer  resistances  govern  the  overall  kinetics  and  whether  this  mass  
transfer  is  macropore  diffusion  in  the  coating  or  micropore  diffusion  in  the  adsorbent  particle  may  
not  be  answered  from  these  results  straight  away.  As  discussed  above,  a  tendency  towards  heat  
transfer  limitations  can  be  seen.  However,  for  further  targeted  improvements  this  information  would  
be  highly  valuable.  

  

Figure  5:  Duration  between  15%  and  85%  uptake  for  different  coating  thicknesses  and  operation  
conditions  as  basis  for  all  power  and  efficiency  estimations.  

4.2.  

Extrapolation  to  Full  Scale  Adsorption  Heat  Exchanger  

To  judge  the  application  relevance  of  results  from  small  scale  kinetic  experimental  they  need  to  be  
extrapolated   to   the   performance   of   a   full   scale   heat   exchanger   (Wittstadt,   2018).   In   the   following  
this  will  be  done  based  on  a  simple  adsorption  cooling  cycle  with  passive  heat  recovery  (delayed  
valve   switching   (Wang   et   al.,   2005))   for   a   fin-and-tube   heat   exchanger   as   described   in   detail   by  
Wittstadt   (2018,   p.  141).   Tubes   (copper,   Ø9.5×0.3   mm)   have   a   spacing   of   25×21.6   mm,   fins  
(aluminium,   0.2   mm   thickness)   are   arranged   in   spacing   allowing   for   2   mm   free   vapour   channels.  
Headers   and   tube   bends   outside   the   fin   package   are   assumed   to   occupy   20%   of   the   total   HX  
volume  and  to  account  for  additional  25%  of  the  tube’s  thermal  mass.  We  assume  the  resistance  
from  heat  transfer  in  the  tubes  and  fins  as  well  as  from  the  vapour  flow  to  be  negligible.  Thus,  the  
expected  average  evaporator  heat  flux  (per  coated  area)  for  a  single  Ad-HX:  
  
𝑞evp
𝑞evp =
	
  
Δ𝑡cyc
Eq.  (1)  
− 0.85 − 0.15 Δ𝑚ad
=
𝛥ℎv 𝑇evp − 𝑐w 𝑇cnd − 𝑇evp   
𝐴ct 2Δ𝑡?@AB@
can  be  directly  deduced  from  the  measurement  results  and  material  properties  of  water  (Wagner  et  
al.,   2000)   under   the   assumption   that   the   total   cycle   time   	
  Δ𝑡cyc    is   twice   Δ𝑡?@AB@ .   With   the   above  
mentioned  geometry  the  volume  specific  cooling  power  can  be  derived  straightforwardly:  
  
𝐴ct
VSCP = 𝑞evp
.  
Eq.  (2)  
𝑉HX
Similarly,  the  COP  for  an  adsorption  cooling  cycle  is:  
  
−𝑞evp
COP =
  
0.85 − 0.15 Δ𝑚ad /𝐴ct 𝛥ℎs + 𝑐A,HX 𝑇des − 𝑇ads

Eq.  (3)  
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Where  the  specific  heat  capacity  (per  coated  area)  of  the  Ad-HX  is  𝑐A,HX   derived  from  the  geometry  
and   material   properties   of   the   heat   exchanger   metals   ( 𝜌𝑐a    =   2.43  MJ  m-3K-1,   𝜌𝑐a    =  
Al
Cu
3.42  MJ  m-3K-1)   and   the   adsorbent   coating   (𝜌   =   400  kg  m-3,   𝑐a    =   2.27  kJ  kg-1K-1).   The   adsorption  
enthalpy   is   approximated   following   Dubinin   and   Astakhov   (1971)   for   the   steepest   position   in   the  
isotherm  (𝛥ℎc   =  2.51  MJ  kg-1).  
The   expected   VSCP   of   a   supposed   coated   Ad-HX   is   in   the   order   of   200   to   700  W  l-1   for   the  
different   coatings   and   temperature   conditions   (Figure   6).   With   respect   to   the   cost   relevant  
aluminium   fumarate   input   the   expected   adsorbent   mass   specific   cooling   power   (MSCP)   ranges  
between   1.3   and   14   kW  kg-1.   The   dependency   on   coating   thickness   and   temperature   conditions  
reflects   mainly   the   results   for   uptake   time   and   total   uptake   (Table   2)   damped   by   the   decreased  
volume  usage  of  the  thin  samples  (less  sorption  material  per  HX  volume).    
Measurements  with  state  of  the  art  silica  gel  loose  grains  (single  layer)  as  described  by  Aristov  et  
al.  (2012)  at  conditions  comparable  to  the  larger  jump  (LTJ  48  →  30  °C,  evaporator  temperature:  
20  °C)   results   in   expected   values   of   70  W  l-1   and   0.11  kW  kg-1   for   VSCP   and   MSCP.   This  
underlines   the   high   performance   of   the   aluminium   fumarate   coating   for   data   centre   cooling  
applications.   With   the   same   material   Kummer   et   al.   (2017)   reported   values   of   100  W  l-1   and  
1.4  kW  kg-1  indicating  the  potentially  high  performance  increase  from  coating  and  heat  exchanger  
optimization.  
  

  

Figure  6:  Expected  volume  specific  cooling  power  and  COP  with  respect  to  adsorber  heat  exchanger  
volume  and  thermal  mass  for  different  coating  thicknesses  and  operation  conditions  with  20  °C  
evaporation  temperature  under  assumption  given  in  the  text.  

The  expected  COP  is  between  0.47  and  0.57  –  the  required  order  for  data  centre  cooling  (Wilde  et  
al.,   2017).   As   expected   (Schnabel   et   al.,   2018)   thicker   coatings   are   more   preferable   in   terms   of  
efficiency  due  to  a  better  mass  ratio  between  sorption  material  and  heat  exchanger  metal.  For  the  
temperature   conditions,   the   difference   vanishes.   The   positive   effect   of   higher   uptakes   is  
compensated  by  larger  temperature  differences  between  de-  and  adsorption  (25  and  30  K  for  small  
and   the   large   temperature   lift,   respectively)   which   increases   the   amount   of   heat   required   for  
sensible  heating.  
It   should   be   noted   that   the   assumption   are   rather   conservative.   In   practise   thinner   fins   with  
narrower  vapour  channels  might  prove  to  be  preferable  as  the  increased  transport  resistance  could  
be   balanced   out   by   the   gains   in   volume   and   thermal   mass.   However,   for   this   kind   of   targeted  
design  and  optimization  a  more  detailed  understanding  and  modelling  of  the  underlying  heat  and  
mass   transfer   resistances   is   necessary   in   order   to   avoid   costly   and   time   consuming   parameter  
variations  on  prototype  level.  

5.   CONCLUSIONS  
In  this  study  we  evaluated  the  potential  of  a  novel  adsorbent  coating  for  waste  heat  valorisation  in  
data   centre   applications.   The   metal   organic   framework   aluminium   fumarate   could   be   applied   in  
stable   coating   from   a   water   based   suspension   in   different   layer   thicknesses   between   140   and  
610  µm.   The   results   from   large   temperature   jump   experiments   under   two   different   temperature  
boundary   conditions   showed   time   constants   (15-85%   uptake)   of   9   to   78  s   for   different   coating  
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thicknesses.  Extrapolation  to  full  scale  heat  exchanger  reveals  a  high  potential  for  application  with  
adsorber   volume   specific   cooling   power   between   200   and   700  W  l-1   and   adsorbent   mass   specific  
cooling   power   between   1.3   and   13  kW  kg-1.   Compared   to   state   of   the   art   silica   gel   loose   grain  
configurations  this  means  an  increase  of  about  3  to  10  times  for  volume  and  more  than  10  times  
for  mass  specific  cooling  power  at  reasonable  COPs.    
From  a  qualitative  assessment  of  surface  temperature  and  uptake  over  time  there  is  evidence  that  
heat   transfer   in   the   coating   becomes   more   relevant   for   thicker   layers.   For   further   optimisation   a  
more   detailed   quantitative   understanding   of   the   underlying   heat   and   mass   transfer   limitation  
appears  necessary.  
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NOMENCLATURE  

  
Ad-HX  

coated  area  (m2)  
heat  capacity  per  coated  area    
(J×m-2×K-1)  
coating  thickness  (µm)  
adsorbed  mass  (kg)  
pressure  (kPa)  
relative  pressure  (-)  
amount  of  heat  per  cycle  per  coated  
area  (J×m-2)  
  
adsorber  heat  exchanger  

COP  
MOF  

coefficient  of  performance  (-)  
metal-organic  framework  

𝐴de   
𝑐A   
𝑑ct   
𝑚ad   
𝑝  
𝑝rel   
𝑞  

𝑞  
𝑡  

heat  flux  (W×m-2)  
time  (s)  

𝑇  
𝑉  
𝑉fg   
𝑋  
  

temperature  (°C)  
volume  (m3)  
heat  exchanger  volume  
loading  (kgad×kgdry-1)  
  

  
  
MSCP   adsorbent  mass  specific  cooling  power  
(W×kgdry-1)  
VSCP   volume  specific  cooling  power  (W×l-1)  
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ABSTRACT
F-Gas regulation imposes a gradual reduction of greenhouse gases emissions, among which
fluorinated refrigerants with high global warming potential (GWP).The most used refrigerant in
commercial refrigeration, the R-404A, will be banned from 2021. Users shall consider the
replacement of this refrigerant. This paper presents a study for the replacement of R-404A by R442A in a supermarket low temperature refrigeration unit. A two weeks registration campaign was
conducted. One week before replacement (R-404A utilization) and one week after (R-442A
utilization). The instrumentation of the refrigerated display cabinets and the refrigeration units by
temperature sensors and electric analyser allows measuring the refrigeration consumption in the
supermarket. Consumptions obtained using the R-404A are compared to the ones obtained using
the R-442A.Results show a good conservation of the performance of the installation and a
decrease in operating time and power consumption of around 5% with the R-442A.
Keywords: Refrigeration, R-404A, R-442A, Retrofit, COP, Energy Efficiency.

1. INTRODUCTION
Since 2015, the HCFC emissions are almost zero in Europe (Graziosi et al, 2015), so the next big
step is the decrease of HFC’s global warming effect. This is goal of the entry into force of the
European Regulation N°517/2004 on January 1st 2015 (“F-Gas”). New refrigerants appear for each
refrigeration application, some of them are mixtures created to replace the existing refrigerant
directly, with only few adaptations of the refrigeration systems. The physical characteristics of
these refrigerants, like the pressure-temperature relationship or the low pressure density, impact
the operating parameters. Thus, the efficiency of the system and the energy consumption can be
reduced or increased depending on the nature of the replacement refrigerant and the operating
conditions of the system.
Supermarket refrigeration systems have the highest leakage rates among the different refrigeration
applications. The main leaks are related to problems of joints and valves (Francis et al, 2017). A
test campaign was conducted to compare the operation of a commercial refrigeration system with
R-404A and then with R-442A under the “drop-in” conditions. A drop-in is the procedure when
replacing a refrigerant with another one, generally less harmful for the environment, in refrigeration
plants of any kind, without any important modifications. (IIR, 2019) (like expansion valve
adjustment).
2. CONTEXT, PROGRESS AND RESULTS OF THE STUDY
2.1.

Theoretical Impact of Refrigerant Replacement

All replacement refrigerants are mixtures. This induces:
• A link between physical characteristics and refrigerant composition.
• The respect of special precautions for refrigerant transfer and monitoring.
Fig. 1 contains the principal substitution refrigerants (for R-404A), their security class (according to
EN NF 378) and their composition. It appears that each substitution refrigerant contains R-32
refrigerant. This component induces high discharge temperatures.
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Refrigerant

Family

Class

R404A
R407A
R407C
R407F
R442a

HFC
HFC
HFC
HFC
HFC
HFC
(with HFO)
HFC
(with HFO)
HFC
(with HFO)

A1
A1
A1
A1
A1

R448A
R449A
R452A

Composition
R1234yf R1234ze R125 R134a R143a R152A R227ea R32
44%
4%
52%
0%
40% 40%
20%
25% 52%
23%
30% 40%
30%
31% 30%
3%
5% 31%

A1

20%

A1
A1

7%

26%

21%

26%

25%

25%

26%

24%

30%

59%

0%

11%

Figure 1. Mixtures compositions

2.1.1. Glide
All the mixtures proposed to replace R-404A are zeotropic. The components of these mixtures
have different volatilities. So, under constant pressure, the liquid-vapor phase change of a
zeotrope is made at non-constant temperature and composition.

Refrigerant
R404A
R407A
R407C
R407F
R442A
R448A
R449A
R452A

P Tsat liq Tsat vap
[bar] [°C]
[°C]
4,3 -10,6
-10
3,5 -15,9
-10
3,2 -16,5
-10
3,6 -15,9
-10
3,6 -16,2
-10
3,6 -15,9
-10
3,6 -15,4
-10
4,0 -13,9
-10

Glide
K
0,6
5,9
6,5
5,9
6,2
5,9
5,4
3,9

Zeotropic /
GWP
azeotropic
Quasi-azeotropic 3922
2107
1770
1824
Zeotropic
1273
1387
1397
2141

Figure 2. Mixtures glide

As you can see in Fig. 2, the glide varies between 3.9°C and 6.5°C (with a -10°C vapor saturated
temperature). This important glide requires liquid phases transfers to maintain good proportions of
each component in the mixture. In the same way, the composition can be distorted in case of
leakage on vapor side. In the F-gas, and in Fig. 2, all GWP values come from the IPCC Fourth
assessment report (IPCC, 2007).
2.1.2. Energetic performances
We define the following hypothesis to compare refrigerants with each other theoretically:
• Evaporation temperature at -10 ° C (corresponding to the vapor saturation temperature at
low pressure, evaporator outlet)
• Overheating at suction of 10 K
• All overheating is useful
• Condensation temperature of 45 K (corresponding to the saturation temperature of the
liquid at high pressure, condenser outlet)
• Under cooling of 3 K
• No loss of charges
• Isentropic compression
• Calculations made with RefProp / Excel
• R-404A values are taken for reference (=100%).
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Figure 3. Comparative results. Blue: density in suction line. Red: COP. Green: cooling power.

It can be seen from Fig. 3 that R407F and R-442A offer cooling capacities close to those of R404A.
The R407a, R407C, R449A and R452A induce a power loss of almost 10%. These figures are the
results of theoretical calculations, not taking into account the pressure drop, the presence of oil in
the exchangers, or the transient stop and start phases of systems when they regulate.
2.2.

Test Campaign

2.2.1. Refrigeration systems
The installation studied is a commercial positive temperature system located in the south of France
(near Toulouse). The refrigeration production is centralised in an engine room and composed by 4
piston compressors. Each compressor is equipped with an oil separator.
The production feeds 59 frigorific cabinets and 18 cold rooms.
All the refrigeration utilities are supplied by electronics expansion valves.
The production and the utilization are both controlled by a centralised system which allows
changing set points and controlling the production.
The system is equipped with floating high pressure regulation, but this is not activated during the
tests period.
The condensers are outside, on the roof above the engine room.
2.2.2. Instrumentation
The purpose of the instrumentation is to check the correct operation of the installation (good
temperatures in the utilities) and to measure its performance. Thus, temperature recorders are
placed in the refrigerated cabinets, in cold rooms and at different points of refrigeration production.
The recorders installed on the pipes in the engine room are put in direct contact with the piping,
then fixed with metal tape and insulated with refrigerant insulation. This method allows to measure
the refrigerant’s temperature. The discharge pipes are instrumented because their temperature
variations will indicate stops and starts of the compressors.
Each temperature recorder measuring an air temperature in a refrigerating cabinet or a cold room
is inserted in a perforated box (to protect it from shocks and limit the exchanges by radiation and
conduction) while leaving the air circulate. Each temperature is recorded by a 2 minutes period.
An electric network analyser is connected to the refrigeration production’s power supply. It
calculates and records the instantaneous active power.
2.2.3. Test campaign steps
The campaign started at the end of August by the instrumentation of refrigeration installation, when
the refrigerant used is yet R-404A. The sensors recorded for one week then R-404A was replaced
by R-442A. The recording lasted one more week before sensors were removed.
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Every day of the week does not lead to the same consumption. In particular, Sunday is the only
day with a closing time at 1PM. Therefore it’s a day when the refrigerant cabinets are closed and
the lights off for longer than the other days. The result is lower daily energy consumption than other
days. The two periods selected for this study:
• cover the same duration: 4 full days each (24h)
• same hours: midnight to midnight
• with a Sunday included: 03/09 and 10/09
• with 3 days other than Sunday
• The difference between mean temperature of first and second week is 0.4°C.
2.3.

Results Analysis

2.3.1. Cold rooms and frigorific cabinets temperatures
The 4 days before drop-in (first testing period) and the 4 days after it (second testing period) are
nearly equivalent following internal cold-rooms and cabinet temperatures. More of that, all
temperature ranges are similar regardless of the testing period. For example, the average
temperature of the bakery cold room and deli frigorific cabinets temperature was, respectively, at
3,54°C and 3,27°C during the first testing period. At the second period, average temperatures
drops, respectively, at 3,08°C and 3,13°C.
2.3.2. Oil return
The first observation is that in the hour following the restart of the plant after the refrigerant
replacement, the oil tank has filled up several times. Each time it was full, a quantity of oil was
recovered. A total quantity of 10kg of oil has been removed from the installation. In addition, the oil
separators of the compressors were drained during the refrigerant change. These have some
internal volume. The total amount of oil "returned" to the positive plant is therefore significantly
greater than 10 kg.
This sudden oil return can be explained by the difference in miscibility in the oil between R-404A
and R-442A. The best miscibility of the R-442A makes it possible to return the oil previously
trapped and accumulated in the pipes and heat exchangers of the circuit. The return of this oil can
theoretically allow a better heat exchange in the exchangers.
2.3.3. Discharge temperatures
Fig. 4 graphically shows the temperature record taken at the discharge of the compressor 1. Prior
to the work, the discharge temperature oscillated around 82.5°C. After the drop-in, this value
increased by more than 6°C. In fact, the values that have been recorded correspond to the
maximum value that can be measured by the recorder: 86.75°C. This explains the fact that the
measured temperature ceases to oscillate. In reality, the discharge temperature oscillates above
86.7° C.

Figure 4. Discharge temperature, compressor 1
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2.3.4. Consumption and operating rates
Figs. 5 and 6 show the daily electricity consumption, the daily operating rate and the average
operating rate for each period. All of those three values are named as operating ratio.
In both of them, the day with lower consumption corresponds with Sunday.

Figure 5. Operating ratio before drop in

Figure 6. Operating ratio after drop in

Fig. 5 and Fig. 6 show that the operating rate of the positive power station decreases from 66% to
63%. This can be due to a refrigeration power increase. If the refrigeration power increases, the
system needs to work less time for the same result.
The calculation of the average daily electric consumption indicates a drop from 2735 kWh to 2555
kWh, i.e. a decrease of 6.5% of the daily consumption. This decrease includes, de facto, the power
change consumed instantly and the difference in operating rate.

3. CONCLUSIONS
The comparison of the installation behavior before and after Drop-in resulted in the following
conclusions.
Firstly, the Drop-in from R-404A to R-442A is equivalent in regards of the cold rooms and frigorific
cabinets internals temperatures.
Secondly, a lot of oil trapped in the heat exchangers came back after the refrigerant replacement.
Thirdly, after changing the refrigerant, the operating time decreases by 3% and the consumption by
6.5%. These improvements are influenced for the reasons outlined above.
Fourthly, the discharge temperature has increased significantly. This increase can have an impact
on the life of the compressors. The use of a high floating pressure, in addition to energy savings
achieved, would limit this discharge temperature.
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ABSTRACT
The French regulation applicable to the handling of refrigerants is intended to prove the proper
containment of halogenated gases and their traceability. Every company wishing to handle
refrigerants shall undergo from an accredited body an on-site verification of its practices.
Issues are treated individually for each single company; however a summary would help the
stakeholders to prioritize actions and achieve targets more efficiently.
Cemafroid gathered information from more than 6000 operators. The non-conformities detected
during on-site audits have been categorized and analyzed; moreover, the good practices have
been summarized.
Both information lead to a better knowledge of the evolution of practices over the last decade, and
will make it possible to define areas for improvement and share good practices.
Keywords: Refrigerant, F-gas, HFC, French Regulation, Certification, Audits, Best Practices.

INTRODUCTION
Following the French regulation of 1992, the European regulation called F-Gas carried by the
regulations n°842/2006 then 517/2014 instituted certification of people and establishments
handling refrigerants. France has been implementing this regulation since 2008 and issuing
certificates of competence for people, then called “certified personnel”, and issuing certificates of
ability to handle refrigerants for companies, then called “operators”.
These European and French regulations are intended to reduce the environmental impact of
refrigerants by controlling their containment and traceability. This control is based firstly on
documentary and on-site audits to verify the human and material resources of the company and its
refrigerant handling practices, and secondly on the declared annual balance of quantities between
the purchase, sale, use and recycling of refrigerants. Since 2008, thousands of audits of
companies handling refrigerants have been carried out in France and thousands of refrigerants
reports have been analyzed to maintain, suspend or withdraw the certificates of ability of the
operators.
The results of audits and refrigerant balances represent a wealth of information on the behavior of
companies, their evolution and their impact on refrigerant containment and on the environment.
Knowing them would help improve the performance of operators and reduce their environmental
impact. It would improve the efficiency of French and European regulations and achieve CO2
emission targets. Nevertheless, up to now, no analysis of the results of these audits and reviews
has been published. The individual treatment of the non-conformities identified for each operator
does not show the scope of the difficulties encountered on the field, whereas a global approach
would make it possible to more effectively achieve the objectives set by the regulations.
Cemafroid, with its 10 years of experience as an accredited body, has gathered and analyzed
information from processed refrigerant balances and on-site audits of a representative sample of
companies since 2008 in order to provide data to better support its customers and to contribute
more strongly to the efficiency of the system of certification of ability to handle refrigerants.
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This article describes the analytical method and the sample selected, then presents the results of
the analysis of refrigerant balances and on-site audits of certified companies certified, and finally
suggests ways to improve practices.

SCOPE OF THE STUDY
2.1.

On-Site Audits and Declared Refrigerant Quantities Studied

Cemafroid, as the first organization accredited in 2008 by the ministries of ecology and industry for
the issuance of certificates of ability and the first organization accredited by COFRAC according to
the ISO 17 065 standard, delivered over the period from June 2009 to June 2018 more than
11,000 certificates of ability to handle refrigerants.
In France, the application of European regulations requires that each operator is subject to at least
one on-site audit during the period of validity of the 5-year certificate. The company is no longer
certified as a whole, but each of its establishments handling refrigerants shall be certified. Since
2008, thousands of audits have been conducted on site. For the purpose of the study, a random
sample, representative of more than 4,500 audits conducted by Cemafroid, has been analyzed.
At the same time each year, the operators provide their certification body with their quantities of
refrigerant balance sheet, for each of their establishments concerned. The certification body is then
in charge of analyzing the data and validating the balance sheets. Tens of thousands of reports
have been produced and processed since 2008. For the purposes of this study, a random sample
of more than 5,000 refrigerants reports has been analyzed.
2.2.

Types of Companies and Establishments Studied

The study deals with all types of certificate of ability issued by Cemafroid, consisting in all
categories of the regulation from I to V, as described in Table 1. The category determines the
regulatory requirements to be audited. In the scope of the audits studied, as in the real situation,
the types of certificates of ability issued are mainly categories I and V.
Table 1: Description of the categories of certificates of ability

Category
I
II
III
IV
V
V VHU
only

Activity of the establishment
Leakage testing, equipment maintenance, commissioning, refrigerant recovery of all
refrigeration, air conditioning and heat pump equipment
Maintenance and servicing, commissioning, recovery of refrigeration, air conditioning
and heat pump fluids containing less than 2 kg refrigerant and leak testing of
refrigeration, air conditioning and heat pump equipment
Recovery of fluids from refrigeration, air conditioning and heat pump equipment
containing less than 2 kg of refrigerant
Leakage test of refrigeration, air conditioning and heat pump equipment
Leakage testing, maintenance and servicing, commissioning, recovery of vehicle air
conditioning system fluids, machinery and equipment mentioned in Article R. 311-1 of
the traffic laws
Recovery of fluids from refrigeration equipment, containing less than 2 kg of
refrigerant whose regulation is linked to the traffic laws

The sample consists in all types of companies, from very small businesses to the multinational
through small and medium enterprises. The size of the establishments is also very variable, from
establishments with only one worker to sites of several thousand people with several dozen people
handling refrigerants.
The number of certified personnel is verified during the audits and this number determines the
number of tools that the establishment must have for its activity and which must be consistent with
the number of people handling refrigerants.
On average, the number of certified personnel is on the sample of 2.9 people per operator. But
more than a half of the firms have only one stakeholder as shown in Fig. 1. The number of
stakeholders is less than or equal to 2 in 74% of the establishments concerned.
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Figure 1: Distribution of the average number of stakeholders
handling refrigerants in the certified establishments

2.3.

Analyzing Method

The study is based on the gathering of the results of 4,500 on-site audits carried out for Cemafroid
between 2012 and 2018, by a sample of about ten different experienced auditors. The nonconformities found on site by the auditors have been sorted by type and the regulatory
requirements have been classified into 5 categories:
-

The activity: the matching between the category of the certificate and the activity of the
company.

-

The details of the establishment: the accuracy and completeness of the company name,
registration number, etc. ...

-

People: the number of certified personnel with a certificate of competence for the
appropriate category of activity.

-

Tooling: the type of tools required by the regulations, the number of tools in accordance to
the number of people handling refrigerants and the organization of work, the declaration of
conformity for certain tools, and the verification of tools done on a 12 months frequency.

-

Traceability: all the traceability documents required by the regulations.

The analysis of the refrigerant balance sheets was carried out on the balance sheets 2009 and the
balance sheets 2017 in order to quantify the evolution over a period of 8 years.

3. ANALYSIS OF THE RESULTS OF THE AUDIT
3.1.

Conformity Rate of the Audited Operators

Considering all the audits performed between 2012 and 2018, the average compliance rate for
establishments is 40% as shown in Fig. 2. That is, at least one critical deviation was detected in
60% of the establishments audited.
This compliance rate evolves over time as controlled points and regulatory requirements. Fig. 3
shows the evolution of the audit compliance rate over the last four years. It is around 40% in 2015,
down to 30% in 2016-2017 and in 2018, to 37% from January to June 2018.

Figure 2: Average compliance rate of
the audited establishments

Figure 3: Evolution of the average compliance rate of the
certified establishments audited between 2015 and 2018
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3.2.

Typology of Non-Conformities of the Operators

The classification of the non-compliances of the establishments audited according to the five
categories selected shows that two of them stand out clearly in Fig. 4.
Considering the average data since 2015, more than half of the audited operators (52%) have a
non-compliance at least on their tools, and 44% of them have been the subject of a lack of
traceability of refrigerants. Over the last 4 years, there is no clear trend towards improving these
two categories. Non-compliance with people competence and institutions is secondary, with 7%
and 14% respectively of non-compliant establishments and a clear improvement trend with a
decrease in non-compliance related to the establishment. Finally, non-conformities related to the
activity are decreasing and only 1% of the establishments are concerned today.

Figure 4: Rate of non-compliance linked to each category of regulation specification in the
establishments audited between 2012 and 2018

The following chapters deal with the details of the non-conformities of each category.
3.3.

Non-Conformities Linked to the Activity

For the requirement category "Activity", the audits revealed a discrepancy between the category of
attestation issued and the activity of the company.
3.4.

Non-Conformities Linked to the Establishment

Establishment-related non-conformities are administrative in nature, and are mainly due to people
forgetting or neglecting to update the files following changes. The quantity is decreasing and the
auditors detect an improvement in the management of administrative files by the operators as
shown in Fig. 5. These mistakes may lead to legal and commercial consequences, because the
address of the operators is incorrect in 8% of the cases.

Figure 5: Evolution of the average compliance rate (number of raised non conformities / number
of audits) for each type of non-conformity linked to the category « Establishment »

3.5.

Non-Conformities Linked to People Competences

Human resources are one of the pillars of the regulatory system with the requirement of attestation
of competence for all people handling refrigerants since July 2011 (Decree of 18 March 2009).
Until 2015, the identified non-compliances are mainly linked to the absence of a certificate of
competence for the personnel of the operator. The Fig. 6 below shows that the number of
deviations is, however, steadily decreasing compared to the number of audits carried out. It can be
seen that in 2018, 7 years after the entry into force of the regulation, 3% of the audited operators
still handle refrigerants by non-certified people.
From 2016, the lack of registration of personnel represents an important and growing part of the
discrepancies identified during the audits. This requirement appeared in 2016 (decree of 2016,
February 29th), and stipulates that the personnel register must be the subject of a comprehensive
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audit: registered personnel and competence. In 2018, 8% of the audited establishments did not
comply with this regulation requirement.

Figure 6: Evolution of the average compliance rate (number of raised non conformities /
number of audits) for each type of non-conformity linked to the category «People »

3.6.

Non-Conformities Linked to the Tools

Non-conformities concerning tooling management can be divided into 3 groups of deviations:
-

The inventory and the conformity of the material including the proofs of ownership, in blue
in the Fig. 7,

-

The regular regulatory verification of tools internally or externally both on the verification
method and its implementation, in green in Fig. 7,

-

The use of transfer and recovery bottles, in red in Fig. 7.

The rate of non-conformity of tooling declarations is high and stable. They concern on the one
hand their conformity for the charging station and / or the leak detector and on the other hand the
proof of their detention. The rate of non-compliance related to misuse of transfer and recovery
cylinders is also stable.
The proportion of establishments not verifying correctly is around 50% over the years 2017 and
2018. The discrepancies used to be linked to the adequacy of the procedures; today they relate
more to their implementation. Tooling management, including the annual verification, is therefore
only poorly controlled by the operators.

Figure 7: Evolution of the average compliance rate (number of raised non conformities /
number of audits) for each type of non-conformity linked to the category «Tooling »

3.7.

Non-Conformities Linked to the Traceability

Deviations in traceability management can be divided into 2 groups of deviations:
-

The use of regulatory documents,

-

The annual declaration of the quantity of refrigerants that have been purchased and used.

Regarding regulatory documents, they are systematically verified during an initial application or
renewal of certification. Their use is verified through on-site audits. The lack of formal record of the
handled quantities of refrigerants and wastes is still an important part of the discrepancies, as
shown in Fig. 8. The high non-compliance rate in 2016-2017 is improving in 2018. On average over
4 years, nearly 30% of the audited establishments are non-compliant.
The marking equipment indicating the GWP of the refrigerant, the leakage control labels and the
complaints register have been mandatory since 2016 (decision of February March 2016). The
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differences related to the use of these documents have been recorded since 2016. On average
over 4 years, 12% of the audited institutions are non-compliant as shown in Fig. 8.

Figure 8: Evolution of the average compliance rate (number of raised non conformities /
number of audits) for each type of non-conformity linked to the category «Traceability »

4. STUDY OF THE REFRIGERANT ANNUAL DECLARATION
Operators are companies and bodies carrying out, in a professional capacity, all or part of the
following operations on equipment containing refrigerants:
-

Commissioning,
Maintenance and repair, as long as these operations require intervention on the circuit
containing refrigerants,
The tightness test,
The dismantling,
Recovery and charging of refrigerants,
Any other operation carried out requiring the handling of refrigerants.

Operators must obtain a certificate of ability issued by an approved organization in order to handle
refrigerants and have the obligation to provide the distributors with recovered refrigerants that
cannot be reintroduced into equipment (or whose reuse is prohibited), as well as packaging that
has contained refrigerants. They also have the opportunity to treat used refrigerants and packaging
under their responsibility.
They are also required to declare each year, before January 31st, the balance of the refrigerants
they handled to the certification body that issued them the certificate of ability. On the certification
body side, the annual refrigerant balance starts on January 1st and ends on March 31st.
4.1.

Refrigerants Purchased and Stored by the Operators

Overall, the quantities of HFC refrigerants purchased per operator averaged 167 kg of refrigerants
in 2017, an increase of 41% compared to 2009. Fig. 9 shows that 80% of operators bought less
than 85 kg of HFC refrigerants in 2017.

Figure 9: Average quantities of refrigerants purchased in
2009 and 2017 (declared in 2010 and 2018) per operator

Figure 10 : Quantities of refrigerants
purchased in 2009 and 2017

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2789

The "average shopping cart" of refrigerants is heterogeneous as shown in Fig 10. R-134a
represents nearly 60% of the quantities of refrigerants purchased in 2017. But the R-404A, whose
ban is approaching, is still the second most purchased refrigerants by operators certified by
Cemafroid. It should be noted that while the mandatory HFC declarations are made, voluntary
declarations of other refrigerants are almost non-existent.
Since 2009, the average refrigerants stock of operators certified at the end of the year has
increased by 150% and the increase concerns all refrigerants. It has increased by 21% in 2017 as
shown in Fig. 11 and Fig. 12.

Figure 11: Average quantities of refrigerants stored in 2009
and 2017 by certified establishment

4.2.

Figure 12: Quantities of refrigerants
stored in 2009 and 2017

Use of Refrigerants by the Certified Establishments

The evolution of the refrigerants balance rules in 2016 now makes it possible to distinguish the
various uses of refrigerants by the operators. The majority of the refrigerants are used in
maintenance according to the Fig. 13. Only 17% of refrigerants are loaded in new machines. It is
surprising to note that still 13% of the R-404A is loaded in new machines whose maintenance will
inevitably raise a concern in a very short time because of the very close ban of the R-404A at the
end of 2020 as shown in the Fig. 14.

Figure 13: Average quantities of refrigerants loaded in
2017 (declared in 2018) by certified establishment

Figure 14. Quantities of refrigerants
loaded 2017

The reuse of refrigerants has increased significantly in recent years. In 2017, 28% of recovered
refrigerants are handed over to distributors and 6% are sold for reuse according to Fig. 15.
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Figure 15: Rate of
refrigerants returned to
distributors or given to
another certified
establishment in 2017

Between 2009 and 2017, the average quantities of HFCs recovered per operator per year has
more than doubled while the quantities purchased were multiplied by only 1.4 and the quantities
loaded by 1.6 over the same period as shown on Fig. 16. On the other hand, the quantities
destroyed were halved because of a sharp increase in the reuse of refrigerants.

Figure 16: Ratio of average
quantities of HFC declared by
certified establishment in the
balance sheets 2017 / 2009

Loaded quantities rose sharply for R-134a in
9 years, but only slightly decreased for R404A. New refrigerants such as R-407F, R410A, R-449A or R-452A have appeared or
taken a larger share, but they remain a
minority as shown in Figure 13.

5. CONCLUSION
The data of the refrigerant balances and the audits carried out within the framework of the
certificates of ability of the operators handling refrigerants provide a wealth of information. The
summary produced by Cemafroid highlights a certain number of critical points allowing to suggest
ways of improvement.
Generally speaking, operators are increasingly qualified, the number of uncertified workers
decreases sharply. The regular checking and the use of tools are poorly managed. The traceability
of operations and refrigerants is still poorly controlled and, before computerizing it, it is important to
implement it in practice. Quality is improving, but there is still room for significant progress in
achieving environmental and economic goals. The study also shows that alternatives are still slow
to break through. R-404A machine commissioning remains high at two years of its ban.
Improved tooling management and control, continued training of operators and awareness of
alternatives should further reduce the environmental impact of the refrigerant handling.

NOMENCLATURE
GWP
HFC
Operator

Global Warmth Potential
Hydrofluorocarbon
means the natural or legal person exercising actual power over the technical
functioning of the equipment and systems covered by the F-Gas
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ABSTRACT
Recently, the development of high temperature heat pump systems for heat recovery from industrial
waste heat below 100 °C is one of important subjects to reduce primary energy consumption.
However, in order to develop such systems, it is indispensable to use an environmentally acceptable
refrigerant, highly efficient heat exchangers and highly efficient compressors.
From this viewpoint, in the present study, the condensation of low GWP refrigerant R1234ze(Z) in
vertical channels is investigated experimentally in order to establish optimum design method of platefin heat exchanger. Then, heat transfer coefficients are measured by two type cooling methods. One
type is one side cooling method, another type is both cooling method.
As the results, the heat transfer coefficient in consideration of fin efficiency of one side cooling
method is higher than that of both cooling method in high quality.
Keywords: Plate-fin heat exchanger, condensation, heat transfer coefficient

1.

INTRODUCTION

In recent years, in the civilian, the industrial and the transportation sectors, effective use of energy
is one of the most important issues in order to reduce the greenhouse gas emissions and save the
primary energy consumption. Especially, in the industrial sector, the development of high
temperature heat pump systems for heat recovery from industrial waste heat below 100 °C is one of
important subjects. However, in order to develop such systems, it is indispensable to use
environmentally acceptable refrigerant, highly efficient heat exchangers and highly efficient
compressor. In this situation, recently, hydro-fluoro-olefins (HFOs) and hydro-chloro-fluoro-olefins
(HCFOs) such as R1234yf, R1234ze(E), R1234ze(Z) and R1233zd(E) were developed as
environmentally acceptable refrigerants with extremely low global warming potential (GWP). Among
these refrigerants, R1234ze(Z) and R1233zd(E) are expected as working fluids of high temperature
heat pump system recovering the waste heat below 100 °C as the more useful and effective heat
above 160 °C. Meanwhile, plate-fin heat exchangers are expected as highly efficient heat
exchangers for high temperature heat pump system. The heat transfer characteristics of newly
developed refrigerants condensing and evaporating in plate-fin heat exchanger are, however, not
clarified sufficiently yet.
In the present study, in order to develop highly efficient condenser for high temperature heat pump
system, the condensation of low-GWP refrigerant R1234ze(Z) in a vertical plate-fin heat exchanger
is investigated experimentally. In the experiment, the local condensation heat transfer characteristics
of R1234ze(Z) flowing downward vertically inside serrated-fin path made of SUS 316 are measured.
Then, heat transfer coefficients are measured by two type cooling methods. One type is one side
cooling method, another type is both cooling method.
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2.

EXPERIMENT METHOD

2.1. Experimental Set-Up and Conditions
In the present experiment, serrated-fin and plane-fin, which are widely used in plate-fin heat
exchangers, are tested. Fig. 1 shows a schematic view of a test serrated-fin, and Table 1 shows its
dimensions.
Fig. 2a shows a schematic view of the test section of one side cooling method, which consists mainly
of the serrated-fin path and a cooling jacket. The cooling jacket is attached on the back side of
serrated-fin path or plane-fin path. The refrigerant flows downward vertically, and it is cooled by the
cooling jacket, to which the compressed water used as coolant is supplied. It is noted that the
serrated-fin path is only cooled from the back side. The width of the serrated-fin path is 100 mm, and
its effective heat transfer length is 400 mm. Eight heat flux sensors of 50 mm in length are inserted
between the serrated-fin path and the cooling jacket to measure the sectional average heat flux.
Eight K-type thermocouples are inserted in the ditch of the serrated-fin path to measure the outside
wall temperature at the central positions of heat flux sensors. Two mixing chambers are installed at
the inlet and outlet of the serrated-fin path to measure the refrigerant pressure and temperature. On
the front side of the serrated-fin path, four pressure taps are set to measure the local pressure
distribution, and two glass windows are installed to observe the refrigerant flow. Fig. 2b shows a
schematic view of the test section of both cooling method. The serrated fin path is cooled and
sandwiched between two cooling jackets. The heat sensors and K-type thermocouples are inserted
between the serrated-fin path and the cooling jacket as with one side cooling method. The refrigerant
pressure are measured inlet and outlet of serrated-fin path.
The test sections are installed in a test loop, a schematic view of which is shown in Fig. 3. The
refrigerant in a liquid state discharged from a liquid pump (1) flows into an electric pre-heater (3) and
a pre-heater using a silicon oil as heat source (4) through a mass flow meter (2). In these pre-heaters,
the refrigerant in a liquid state is vaporized partly or completely to a vapor-liquid two phase state or
to a superheated vapor state. Then, it flows into a test section (5). In the test section the refrigerant
is cooled and the part of vapor is condensed. After that, the refrigerant returns to the pump through
a sub-cooler (6) and a liquid receiver (7). Five mixing chambers and two sight glasses are installed
at the pertinent positions in the test loop.
The test fluid is R1234ze(Z). Table 2 lists the experimental conditions.

Figure 1.: Test serrated fin
Table 1 Dimension of Serrated fin

Fin dimensions
Fin pitch
Fin height
Fin thickness
Serration pitch
Hydraulic diameter
Increasing ratio of surface area

p [mm]
H [mm]
t [mm]
L [mm]
dh [mm]
 [-]

Cooling method
Oneside cooling
Both cooling
2.117
2.117
3.200
3.200
0.203
0.203
3.175
3.175
2.34
2.34
3.86
2.38
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2.2. Data Reduction Method
The experiments of types A and B are carried out. In the experiment of type A, the refrigerant states
at the inlet and outlet of the serrated-fin path are in a superheated vapor state and in a vapor-liquid
two phase state, respectively. In the experiment of type B, the refrigerant states at the inlet and outlet
of the serrated-fin path are in a vapor-liquid two phase state and in a subcooled liquid state,
respectively.
In the experiment of type A, the data reduction is carried out as follows:
(1) The refrigerant pressure distribution in the serrated-fin path is obtained by the interpolation
method using the measured pressure.
(2) The saturation temperature distribution is calculated from the pressure distribution.

mixing chamber
thermocouple
pressure transducer
sight glass

4

(a) One side cooling method
(b) both cooling
method
5
Figure 2: Schematic view of test sections

6

mixing chamber
thermocouple
pressure transducer
sight glass

4

3
7

5

6
3
7

1

2

1

2

1. Pump
2. Mass flow meter
3. Electric pre-heater
4. Liquid heating pre-heater
5. Test section 6. Sub-cooler
7. Liquid receiver

1. Pump
2. Mass
flow
Figure
3:meter
Schematic view of test loop
3. Electric pre-heater
Table 2. Experimental conditions
4. Liquid heating pre-heater
saturation temperature [°C]
100,120,140
5. Test section
6. Sub-cooler
refrigerant velocity [kg･m-2･s-1]
25,50
7. Liquid receiver
saturation temp. - wall temp. [K]
(degree of subcooling)

2,5,10
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(3) The refrigerant bulk enthalpy and quality at the inlet of the serrated-fin path are calculated from
the refrigerant pressure and temperature measured at the inlet mixing chamber.
(4) The distributions of refrigerant bulk enthalpy and quality are obtained from the energy balance
equation using the measure refrigerant mass flow rate and the measured heat flux.
In the experiment of the type B, the data reduction method is almost similar to that of the type A
experiment, except that the energy balance equation is solved from the outlet to the inlet. In the
above-mentioned data reduction, thermophysical properties of R1234ze(Z) are calculated using
NIST REFPROP Ver. 9.1 (2013) modified by Akasaka et al. (2014).
The representative inner wall temperature, Twi, at the central position of each heat flux sensor is
calculated by the Fourier law from the measured outer wall temperature and heat flux as follows:
q
Twi = Two + w
(1)

w

where q is heat flux based on the projected heat transfer area in W･m-2, Twi is inner wall temperature
in °C, Two is inner wall temperature [°C], δw = plate thickness [m], λw = plate thermal conductivity [W･
m-1･K-1].
The sectional average heat transfer coefficient in consideration fin efficiency, αfin, corresponding to
each heat flux sensor is defined as:
𝑄S
𝛼P =
(2)
)𝐴
[𝐴𝑅 −(1−𝜑𝑅

𝑅𝑓 ]𝛥𝑇𝑠𝑢𝑏

𝛼𝑓𝑖𝑛𝑠

𝜑𝑅 =

𝑡ℎ𝑎ℎ(√ 𝜆 𝐹 𝐻′)
𝑤
√

(3)

𝛼𝑓𝑖𝑛𝑠

𝐻′
𝜆𝑤 𝐹

where
s is surface area of fin and F is cross-sectional area of fin.

3.

EXPRIMENTAL RESULT

3.1. Effect of Degree of Subcooling
Fig. 4 show the relationship between the heat transfer coefficient and quality at refrigerant saturation
temperature 100 °C, refrigerant velocity 25 kg･m-2･s-1. In the Fig. 4, the red, blue and green represent
the degree of subcooling 2K, 5K and 10K, respectively. The vertical and horizontal bars appended
to symbol show the propagated measurement uncertainty and the quality change in each measured
area of heat flux sensor, respectively. Fig. 4 (a) and (b) are results of both cooling method and one
side cooling method.
In high quality area, the results of degree of subcooling 2 K are higher than that of 5 K and 10 K.
This main cause is balance between surface tension and local condensation amount. Compare with
Fig. 4 (a) and (b), the results of one side cooling method are higher than that of both cooling method
in high quality area. This cause is that, in the one cooling method, condensation liquid assembles
on the not cooling side wall.
8

Both cooling method
Tsat = 100 °C
G = 25 kg·m-2·s-1
6
Tsubcool = 2 K
Tsubcool = 5 K
Tsubcool = 10 K
4

P [kW·m-2·K-1]

P [kW·m-2·K-1]

8

2
0
0

0.2

0.4
0.6
quality [-]

0.8

1

Oneside cooling method
Tsat = 100 °C
G = 25 kg·m-2·s-1
6
Tsubcool = 2 K
Tsubcool = 5 K
Tsubcool = 10 K
4
2
0
0

0.2

0.4
0.6
quality [-]

0.8

1

(a) Both cooling method
(b) Oneside cooling method
Fig.4 Effect of degrees of wall subcooling for condensation heat transfer coefficient
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3.2. Effect of Saturation Temperature
Fig. 5 show the relationship between the heat transfer coefficient and quality at refrigerant velocity
25 kg･m-2 ･s-1, degree of subcooling 2 K. In the Fig. 5, the red, blue and green represent the
refrigerant saturation temperature 100 °C, 120 °C and 140 °C, respectively. The vertical and
horizontal bars appended to symbol show the propagated measurement uncertainty and the quality
change in each measured area of heat flux sensor, respectively. Fig. 5 (a) and (b) are results of both
cooling method and one side cooling method.
The higher saturation temperature, the lower the heat transfer coefficient, because the higher
saturation temperature, the lower the thermal conductivity, the lower the surface tension.
3.3. Effect of Refrigerant Velocity
Fig. 6 show the relationship between the heat transfer coefficient and quality at refrigerant saturation
temperature 100 °C, degree of subcooling 5 K. In the Fig. 5, the red, blue and green represent the
refrigerant velocity 25 kg･m-2･s-1 and 50 kg･m-2･s-1, respectively. The vertical and horizontal bars
appended to symbol show the propagated measurement uncertainty and the quality change in each
measured area of heat flux sensor, respectively. Fig. 6 (a) and (b) are results of both cooling method
and one side cooling method.
Effect of refrigerant velocity in not confirmed.

4.

CONCLUSIONS

The condensation heat transfer characteristics in vertical plate-fin heat exchanger has been
experimentally evaluated using low-GWP refrigerant R1234ze(Z).
(1) In high quality area, the results of degree of subcooling 2 K are higher than that of 5 K and 10 K.
This main cause is balance between surface tension and local condensation amount.
(2) The higher saturation temperature, the lower the heat transfer coefficient, because the higher
saturation temperature, the lower the thermal conductivity, the lower the surface tension.
(3) The results of one side cooling method are higher than that of both cooling method in high quality
area. This cause is that, in the one cooling method, condensation liquid assembles on the not
cooling side wall.
8

Both cooling method
G = 25 kg·m-2·s-1 Tsubcool = 2 K
6
Tsat = 100 °C
Tsat = 120 °C
Tsat = 140 °C
4

P [kW·m-2·K-1]

P [kW·m-2·K-1]

8

2
0
0

0.2

0.4
0.6
quality [-]

0.8

Oneside cooling method
G = 25 kg·m-2·s-1 Tsubcool = 2 K
6
Tsat = 100 °C
Tsat = 120 °C
Tsat = 140 °C
4
2
0
0

1

0.2

0.4
0.6
quality [-]

0.8

1

(a) Both cooling method
(b) Oneside cooling method
Fig.5 Effect of saturation temperature of HFO-1234ze(Z) for condensation heat transfer coefficient
.
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P [kW·m-2·K-1]

P [kW·m-2·K-1]
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0.2

0.4
0.6
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Tsat = 100 °C Tsubcool = 5 K
-2 -1
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G = 25 kg·m ·s
-2 -1
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0.4
0.6
quality [-]
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(a) Both cooling method
(b) Oneside cooling method
Fig.6 Effect of mass velosity of HFO-1234ze(Z)
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ABSTRACT
In industrial fields, heat source over 130°C are widely needed, and for this the development of
industrial high-temperature heat pump systems has been promoted. For the heat release process in
such the heat pump systems, the authors have studied on cooling heat transfer of refrigerants at
supercritical pressures in chevron-type plate heat exchangers (PHEs). In this study, to establish a
simulation model which estimates the cooling heat transfer coefficient of supercritical pressure
refrigerants flowing in the chevron-type PHEs, a CFD analysis was carried out. The results of this
analysis agreed well with the experimental results including the data in pseudocritical region where
the physical properties of the refrigerant change rapidly with temperature. From the simulation results,
characteristics of temperature distribution and heat flux distribution in the chevron PHE were
discussed.
KeyWords: CFD, Chevron-type Plate Heat Exchanger, Supercritical Pressure Refrigerants.

1. INTRODUCTION
In industrial fields, currently fossil fuel boilers are used for supplying high-temperature heat source,
however, increasing the use of heat pump systems is desired from the viewpoints of suppression of
energy resource consumption and reduction of greenhouse gas emission. For consumer use, heat
pump systems that supply hot water at around 90 °C are widely used. However, heat sources over
130 °C are required in the industrial processes. Therefore, the development of industrial hightemperature heat pump systems operated in transcritical heat pump cycle has been advanced. The
authors studied on cooling heat transfer of refrigerants at supercritical pressures (Mori, 2016, Miyata,
2017a, Miyata, 2018a) and condensation heat transfer at high subcritical pressures (Miyata, 2017b,
Miyata, 2018b) in chevron-type plate heat exchangers (PHEs).
The use of refrigerants with low global warming potential (GWP) in the industrial heat pump systems
is being considered. Since there is a possibility that a more workable low GWP refrigerant will be
developed in the future, it is beneficial to establish a simulation model that predicts the heat transfer
performance of the refrigerant with only its thermophysical properties data. Therefore, in this study,
a CFD model simulating a chevron PHE were created and numerical calculations were performed
for cooling heat transfer of refrigerants at supercritical pressures. The validity of the model was
confirmed by comparing with the experimental results (Mori, 2016, Miyata, 2017a). In addition, based
on the calculation results, characteristics of temperature distribution and heat flux distribution inside
the chevron PHE were discussed. These results are shown below.
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2. CALCULATION METHOD
A 3D model simulating the chevron PHE used in the previous experiment (Mori, 2016; Miyata, 2017a)
was prepared and the heat exchange in the PHE were analyzed using ANSYS Fluent 17.1. The
model was composed of three identical flow channels which were separated by two chevron
patterned metal plates. Fig. 1 shows the three flow channels. The supercritical pressure refrigerant
flowed in the middle channel and pressurized water flowed in the other channels. The refrigerant
was cooled by the pressurized water through the metal plates. Fig. 2 shows the configuration of the
one flow channel formed between two chevron patterned metal plates. The refrigerant or the
pressurized water flowed into the chevron patterned flow channel through the inlet header connected
one side of the flow channel, and flowed away through the outlet header. The boundary conditions
on the inlet and outlet faces were uniform velocity and uniform pressure, respectively. The
specifications of the flow channel are listed in Table 1.
The refrigerants used in the simulation were HFC134a and HFO1234ze(E). Governing equations
were continuity, momentum conservation and energy conservation equations, and steady-state
calculations were made. Besides, the buoyancy was not taken into account because the physical
properties change in the channel cross section perpendicular to main flow direction is considered
small (Miyata, 2018a). Computational mesh was created by ANSYS Meshing. The shape of the mesh
in the flow cannel except for near-wall region were tetrahedral, and those in the near-wall were 17
layers of thin layered mesh so as to resolve the rapid change in physical properties with temperature
of supercritical pressure refrigerant. The total mesh number was about 40 million. The physical
properties of the refrigerant were given as a function of the representative pressure in the channel
and the local temperature of each mesh because the effect of pressure drop on the properties was
smaller than that of temperature change. Since the temperature dependence of physical properties
in

L

t

out
W

Fig. 1 Calculation model of three channels PHE

Fig. 2 Calculation model of one flow channel
in PHE

Table 1. Dimensions of calculation model
Chevron angle, β [°]
65
Test section length, L [mm]

220

Chevron channel width, W [mm]

99.4

Channel thickness, t [mm]

3.7
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of pressurized water was small, the appropriate constant properties were given for them. The
physical properties of HFC134a, HFO1234ze(E) and water were calculated with RRFPROP Ver. 9.1
(Lemon, 2013). The turbulence model of SST k-ω was used for analysis. Calculation conditions are
listed in Table 2. The specific enthalpy change of the refrigerants in the PHE was adjusted to a target
range from 25 to 30 kJ·kg-1. In the same way as the experiments, the heat transfer coefficient of the
refrigerant αref was determined from the heat transfer resistance on the refrigerant side 1/αref. The
refrigerant-side heat transfer resistance 1/αref was obtained by subtracting the sum of pressurized
water-side heat transfer resistance 1/αpw and plate heat conduction resistance δ/k from the overall
heat transfer resistance 1/K between the test refrigerant and the pressurized water, as written in Eq.
(1).
1

 ref



1  1


 
K   pw k 

Eq. (1)

where K is the overall heat transfer coefficient, αpw is the pressurized water-side heat transfer
coefficient, δ is the plate thickness, and k is the thermal conductivity of the plate material. The overall
heat transfer coefficient K was evaluated by Eq. (2):

K

Q
T A

Eq. (2)

where Q is the heat transfer rate from the refrigerant to the pressurized water in the PHE. ΔT is the
mean temperature difference between the refrigerant and the pressurized water in the PHE, and A
is the total projected heat transfer surface area of the PHE. In this study, the mean temperature
difference ΔT was evaluated by an integral method (Utamura, 2007) because isobaric specific heat
of the supercritical pressure refrigerant changes rapidly with temperature especially in the
pseudocritical region.
The pressurized water-side heat transfer coefficient αpw was obtained from preliminary calculations
for heat exchange between waters in the PHEs model.

3. RESULTS AND DISCUSSION
3.1 Heat Transfer Coefficient and Pressure Drop
The refrigerant heat transfer coefficients obtained from the simulation are plotted against the
arithmetic mean specific enthalpy of inlet and outlet in Figs. 3 and 4, comparing with the experimental
data (Mori, 2016; Miyata, 2017a). Figs. 3 and 4 show the results for HFC134a and HFO1234ze(E),
respectively. The left figures of Figs. 3 and 4 show the different pressure conditions and the right
ones show the different mass velocity conditions. The pseudocritical enthalpy hpc, where the isobaric
specific heat takes a maximum value, is shown by vertical solid line for every pressure condition. As
shown in the figures, the simulation predicts well the experimental data not only for the change in
the heat transfer coefficient with specific enthalpy but also for those with pressure and mass velocity.
That is, heat transfer coefficient takes a maximum value at a specific enthalpy which is slightly higher
than the pseudocritical enthalpy; pressure dependence of heat transfer coefficient is seen at
pseudocritical region and the heat transfer coefficient increases with pressure approaching the
critical pressure; the effect of mass velocity is found in a wide range of enthalpy.
Figure 5 shows the comparisons between the simulation and the experiment in frictional pressure
drop at the supercritical pressures. The left and right figures in Fig. 5 show the comparison results
Table 2. Calculation conditions
HFC134a

Refrigerant
Pressure, P [MPa]
(Reduced pressure, P/Pc)
Mass velocity, G [kg·m-2·s-1]

HFO1234ze(E)

4.09

4.49

4.95

3.67

3.94

4.31

(1.01)

(1.11)

(1.22)

(1.01)

(1.08)

(1.22)

105, 165
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15

HFC134a
G = 165 kg·m-2·s-1
-1
h = 25-30 kJ·kg

20 P MPa
4.09
4.49
4.95

( P/Pc ) Exp. Cal.
(1.01)
(1.11)
(1.22)

ref kW·m-2·K-1

ref kW·m-2·K-1

30

10

hpc

0

300

400
hb kJ·kg

HFC134a
P = 4.95 MPa (P/Pc = 1.22)
-1
h = 25-30 kJ·kg
-2

Exp. Cal.

5

hpc

0

500

-1

10 G kg·m ·s
165
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400

-1

hb kJ·kg

500

-1

Figure 3: Comparison in heat transfer coefficient of HFC134a between CFD and experiment
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Figure: 4 Comparison in heat transfer coefficient of HFO1234ze(E) between CFD and experiment
30

HFC134a
-2 -1
G = 165 kg·m ·s
-1
h = 25-30 kJ·kg

20 P MPa
4.09
4.49
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-1
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Figure: 5 Comparison in pressure drop between CFD and experiment
for HFC134a and HFO1234ze(E)

for HFC134a and HFO1234ze(E), respectively. As shown in the figure, the simulation predicts the
measured friction pressure drop accurately for both the refrigerants.
3.2 Heat Transfer Characteristic at Pseudocritical Region
It has been confirmed that the cooling heat transfer coefficient of the supercritical pressure refrigerant
shows a maximum at a specific enthalpy which is somewhat higher than the pseudocritical point, by
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the previous experimental study (Miyata, 2017a). It is considered that the maximum of the heat
transfer coefficient is achieved when the fluid temperature in the thermal boundary layer on the heat
transfer wall reaches the pseudocritical temperature because the large peak of isobaric specific heat
significantly contributes to heat transfer through turbulent mixing. On this occasion, bulk fluid
temperature is still higher than the pseudocritical temperature, hence the maximum heat transfer
coefficient appeared at a specific enthalpy which is somewhat higher than the pseudocritical point.
As seen from the simulation results for HFC134a at 4.95 MPa and 165 kg·m-2·s-1 in Fig. 3, the present
simulation predicts well the enthalpy where the heat transfer coefficient takes the maximum.
Figure 6 shows the fluid temperature distribution in the central section in the thickness direction of
the channel, and Fig. 7 shows the temperature distribution on the heat transfer surface, for HFC134a
at 4.95MPa and 165 kg·m-2·s-1. The parametric enthalpies in these figures are the mean specific
enthalpy of inlet and outlet, and the value of 400 kJ·kg-1 is near the pseudocritical enthalpy and 410
kJ·kg-1 is the enthalpy where the heat transfer coefficient takes the maximum. In both figures, the
boundary between yellow and yellowish green regions is the pseudocritical temperature of 111.1 °C.
As shown in Fig. 6, at the central section in the thickness direction of the channel, the pseudocritical
temperature is located in the middle of the main flow direction at 400 kJ·kg-1 while in a downstream
region at 410 kJ·kg-1, as expected. At this time, as seen in Fig. 7, the heat transfer surface
temperature is lower than the central section, and the pseudocritical temperature is located in an
upstream region at 400 kJ·kg-1, and in the middle at 410 kJ·kg-1. That is, the temperature range near
the pseudocritical point where the specific heat shows a markedly high value occupies a wide region
of heat transfer surface at 410 kJ·kg-1. In this way, it is confirmed that the peak of the heat transfer
coefficient appears when the temperature of the heat transfer surface, which is close to the boundary
layer temperature, reaches the pseudocritical temperature.
3.3 Heat Flux Distribution
An example of the heat flux distribution on the refrigerant side heat transfer surface is shown in Fig.
8. From a macroscopic standpoint, the heat flux distribution is nearly uniform. That is, the entire
surface of the plate is used effectively. In the previous study (Kurose, 2018), it was confirmed that
the dead water region in the 65° PHE is small, and the velocity distribution in the width direction of
Refrigerant
in in
Refrigerant

Refrigerant Refrigerant
in
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[℃]
Temperature
[℃]
Temperature
[℃]

[℃]
Temperature Temperature
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(a) hb = 400 kJ·kg-1

113.10
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Refrigerant out

(b) hb = 410 kJ·kg-1

Fig. 6 Temperature distribution of refrigerant in central section in thickness direction in the
refrigerant flow channel for HFC134a at 4.95 MPa and 165 kg·m-2·s-1
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Fig. 7 Temperature distribution on the heat transfer surface in the refrigerant channel for HFC134a
at 4.95 MPa and 165 kg·m-2·s-1

the flow channel is uniform. In the present study, it is also confirmed that the distribution of the heat
flux is uniform in the width direction of the flow channel.
In Fig. 8, by enlarging a part of the flow channel, the local heat flux distribution is also shown in detail.
From a microscopic point of view, the heat flux through the wall surface standing against the main
flow direction is larger than the other surfaces. That is, when the flow gets over the convex part of
the corrugated plate, the boundary layer becomes thin and heat transfer is enhanced. Similar results
were obtained for the case of HFO1234ze(E).

4. CONCLUSION
A CFD model for the chevron-type plate heat exchanger (PHE) with a chevron angle of 65° was
developed and simulation of cooling heat transfer of supercritical pressure refrigerants HFC134a
and HFO1234ze(E) were carried out. The simulation results of heat transfer coefficient and pressure
drop were in good agreement with experimental values. Based on the simulation results, the
characteristics of temperature distribution and heat flux distribution were examined.
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ABSTRACT
In this work, heat transfer data are presented for water vapor condensing on the outside of aluminum
tubes in a purpose-built environmental chamber. Testing was performed both before and after coating the
tube with an amorphous silica nanospring coating of prescribed thickness. Silica nanosprings offer several
advantages over other one-dimensional nanostructures including high surface area (350 m2 g-1), mild
growth conditions (350°C and atmospheric pressure), thermal stability < 1000°C in air, innate
hydrophilicity, and photolithography compatibility. Depending on the functionalization that is performed,
either hydrophilic or super-hydrophobic conditions can be achieved. Special focus is given to baseline
testing, benchmarking the experimental setup, and the performance of the silica nanospring
coating. Data are interpreted in terms of coating thickness, wettability, and other environmental factors
with the overall aim of improving condensation heat transfer performance.
Keywords: Coating (Materials), Condensation, Heat Exchanger, Heat Transfer Coefficient, Horizontal
Tube, Nanotechnology, Water.

1. INTRODUCTION
Heat exchangers have a wide range of applications and industries including the automotive, aerospace,
heating, ventilation, air conditioning, and refrigeration (HVAC&R), and steam power production.
Because of the prevalence of these applications in the world today, it is crucial to make them as efficient
as possible in order to reduce the associated costs. One common area of focus for improving efficiency
is heat exchanger surface design including geometric modifications, surface roughness, and coatings.
Heat exchangers are commonly made of conducting materials such as copper and aluminum, which
have high thermal conductivities. However, both of these metals are also naturally hydrophilic, so water
retention can be problematic and become a source of inefficiency. This condensation can block the
airflow within the heat exchanger, while also posing an additional thermal resistance to air-side heat
transfer. In addition, retained condensate on the fin surface can also become a repository for harmful
bacteria such as Legionella, which can lead to Legionnaires’ disease or other respiratory infections
(Bèdard et al. (2016) and Martinelli et al. (2000)).
A common strategy for addressing these problems involves altering the natural wettability (i.e. degree
of hydrophobicity or hydrophilicity) of the surface in order to affect the mode of condensation as well as
the quantity of retained condensate during operation. Typically, hydrophobic surfaces are more likely to
promote dropwise condensation (DWC), while hydrophilic surfaces are more likely to promote filmwise
condensation (FWC). In a review by Rose (2002), it was shown that the promotion of DWC is beneficial
for improving heat transfer performance, whereas in FWC, a liquid film is formed such that droplets are
less likely of shedding from the surface, resulting in an additional resistance to heat transfer. In contrast,
in DWC, many individual droplets nucleate on the surface, leaving areas of the underlying surface
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exposed to the surroundings. The hydrophobic nature of the surface also allows for easier droplet
removal. As a result, there is typically less resistance to heat transfer in DWC than FWC.
A number of studies have investigated different surface modifications with the intention of improving
condensation heat transfer by means of promoting dropwise condensation. In a recent study by Preston
et al. (2015), a graphene coating on horizontal copper tubes showed promising results. It is important
to note, however, that the high temperatures of the application process for this coating limit the materials
on which this coating can be applied. Other chemical coatings evaluated for this purpose include a
hexadecylthiol self-assembled monolayer (SAM) coating by Das et al. (1999) and oil-infused surfaces
by Tsuchiya et al. (2017). The surface wettability can also be adjusted by altering the surface topology.
In a study by Wen et al. (2017), heat transfer improvements were observed after depositing copper
nanowires on planar surfaces. Zhao et al. (2017) investigated the impact of two- and three-dimensional
fins on horizontal tubes, while Miljkovic et al. (2018) etched silicon nanopillars into planar silicon substrates.
A study by Rajkumar et al. (2018) combined topological alterations with chemical coatings by depositing
a lead coating onto vertical copper tubes containing milled grooves parallel to the tube axis.
Other studies have also been conducted to determine if wettability patterns provide heat transfer
advantages over surfaces with homogenous wettability. With these patterned surfaces, localized regions
of relative hydrophobicity are positioned adjacent to regions of relative hydrophilicity. By doing so, it is
possible to force droplets to move from the hydrophobic region to the hydrophilic region, where the
droplets can then coalesce with other neighboring droplets since it is more likely for the resulting larger
droplet to shed from the surface. In another study with a patterned tube with alternating rings of
hydrophobicity and hydrophilicity, Alwazzan et al. (2017a, 2017b) were able to obtain improvements in
the heat transfer coefficient over both a purely hydrophobic tube and a purely hydrophilic one. In other
work, studies by Yang et al. (2017) and Ghosh et al. (2014) evaluated wettability patterns on planar
surfaces; however, relatively few other studies could be found.
In this paper, an amorphous silica nanospring (SN) coating is proposed as a candidate for improving
the condensation heat transfer performance of horizontal aluminum tubes. SN have not yet been
evaluated from a condensation heat transfer perspective. This coating is in the early stages of testing,
but characterization from previous studies and early testing have both suggested that this coating may
be a suitable candidate for heat transfer improvement. This paper will highlight some of these previously
discovered characteristics, while also providing some preliminary results. Further testing however is
needed to better understand the effect that the coating has on heat transfer performance.

2. METHODOLOGY
2.1

Nanospring Growth and Sample Fabrication

Silica nanosprings (SN) are a one-dimensional nanomaterial discovered in the laboratory of Dr. David
McIlroy as documented by Wang et al. (2006). SN are comprised of multiple amorphous silica nanowires
that intertwine around one another to form a high-surface area 3-D coating, as shown in the scanning
electron microscope (SEM) image in Fig. 1a. A vapor-liquid-solid (VLS) mechanism, discussed in detail
by McIlroy et al. (2004), is used to grow the nanosprings. One advantage of this growth process is that
it occurs at atmospheric pressure and a relatively mild temperature of 350ºC. This allows a wide range
of materials with lower melting temperatures, namely aluminum, to be coated with the SN without being
harmed. Briefly, the growth procedure is as follows: first, the desired substrate is sputter coated with a
thin layer of gold. The gold acts as a catalyst to promote the growth of the coating, with each gold particle
becoming a nucleation site for a nanostructure. In this work, Al tubes were coated with the SN. In order
to ensure a uniform coating around the circumference of the tube, the tubes are rotated using a DC
motor throughout the sputtering process. After sputtering with gold, the sample is then exposed to a
silane precursor within a chemical vapor deposition (CVD) reactor. Using the programmable reactor,
specified temperatures and precursor exposure times can be applied, allowing for control over the
resulting coating thickness. Increasing the precursor exposure time results in a thicker coating growing
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Figure 1: (a) SEM micrograph of a representative nanospring mat, (b) rendering of an individual
nanospring model, and (c) islands of gold (Au) that form prior to nanospring growth.

on the surface. Finally, hydrophilic SN coated tubes are functionalized with hexamethyldisiloxane
(HMDSO) at 200°C for 30 min to render them hydrophobic.
Work by Wojcik et al. (2017) captured the early stages of the nanospring growth using advanced
microscopy techniques. From the images gathered, the group was able to show that each nanospring
begins as multiple individual nanowires that eventually come together and intertwine to form a helical
spring with the gold catalyst at the tip. Figure 1b shows a rendering of a model of an individual
nanospring to help demonstrate this structure. Anywhere from 5 to 8 nanowires can join to create a
nanospring (Wang et al., 2006). The amorphous nature of these nanosprings may be beneficial to the
durability of this coating, especially in a low abrasion condensation environment. During the growth
process, the gold particles shift to form islands of gold, as shown in the bright regions of the SEM
micrograph in Fig. 1c. These islands determine where the silica nanowires will form. The dark areas
show the underlying uncoated surface, which will remain exposed to the surroundings. As a result, any
thermal resistance posed by the coating is reduced, and the beneficial thermal properties of the
underlying aluminum substrate can still contribute to the heat transfer performance.
A number of other studies have also identified characteristics of the SN coating that suggest it may be
suitable for promoting heat transfer enhancement. Schilke et al. (2010) determined that the coating is
capable of being functionalized and is thermally stable at temperatures below 1000ºC. With proper
functionalization, the wettability of the SN mat can be altered, which could also potentially further
improve the heat transfer performance. The silica nanosprings grow at a rate of approximately 2.5 µm
per minute, which was shown to be about 40 mg per hour for a 24 cm2 sample, as demonstrated by
Corti et al. (2018). Brunauer-Emmett-Teller (BET) measurements also revealed that the SN have ~350
m2 g-1 of accessible surface area (Corti et al., 2013). Cantrell et al. (2010) and Bakharev et al. (2014)
conformally coated a variety of two- and three-dimensional surfaces, including complex geometries,
showing that the SN can be grown on a wide range of objects given that they are capable of withstanding
the growth conditions. Finally, the SN coating has been shown to be photolithography compatible,
allowing for control over where the coating is applied (Corti et al., 2007; Sai et al., 2011; Timalsina et
al., 2010). All of these characteristics provide insight on how the SN coating should perform and suggest
that the coating could be a viable option for improving condensation heat transfer performance.
2.2

Condensation Heat Transfer Experiments

Condensation heat transfer testing was performed on both uncoated and silica nanospring coated
samples in order to determine the effectiveness of the coating. All samples were created using identical
aluminum 6061-T6 tubes with 6.35 mm and 5.10 mm outer and inner diameters, respectively. The length
of the tube used during testing was approximately 152.4 mm in length. It has been shown by Tanner et
al. (1968) that the presence of non-condensable gases in a condensing environment can influence the
condensation heat transfer performance. As a result, a well-insulated, controlled-environment vacuum
chamber, shown in Fig. 2, was designed and constructed to carry out the experimental testing. This
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setup includes an isothermal bath (A) to control the inlet temperature of the cooling water, which flows
through the system by means of a pump (B). The flowrate of the cooling water was monitored with a
digital flow meter (C). The cooling water then flows through the test sample which is housed inside the
environmental chamber (D), which was evacuated using a mechanical vacuum pump (E) to remove the
non-condensable gases from the test environment. The test sample, wiring for the interior LED lighting,
and T-type thermocouples enter the chamber through vacuum-suitable fittings. A data acquisition unit
(DAQ) (F) was used to record the temperature, pressure, and flowrate data measured during testing. In
order to ensure that condensation only occurred on the test sample, a wrap heater controlled by a PID
controller (G) was placed on the exterior of the chamber to keep the chamber wall temperature
sufficiently high, preventing condensation on these surfaces.
Inside the evacuated chamber, two T-type thermocouples were used to record the surface temperature
of the test sample (H) during testing. The thermocouples were calibrated using a high-precision RTD
and found to have an experimental uncertainty in the range of 0.03 to 0.04°C with 95% confidence.
These thermocouples (I) were held firmly to the surface of the Al tube using plastic hose clamps. Prior
to pulling a vacuum, deionized water (J) was placed inside the chamber to ensure that the surrounding
environment was saturated during testing. A digital pressure transducer was used to record the pressure
inside the chamber, which in turn was used to calculate the environmental chamber temperature. A
viewport on the vacuum chamber allowed for the collection of still images and video during testing. The
testing procedure was as follows: first, the prescribed testing conditions were established within the test
setup (i.e. cooling fluid flow rate, degree of subcooling, etc.). After setting these conditions, a sufficient
period of time was then allotted to allow the setup to reach thermal equilibrium. Once equilibrium was
established, the aforementioned data were collected using the DAQ system for 120 seconds with a
frequency of 1 Hz. Upon completion, a test parameter (i.e. flow rate, etc.) was altered, and the chamber
was again allowed to reach a new thermal equilibrium. This process was repeated until all necessary
data had been acquired. The collected data were then used to calculate the condensation heat transfer
coefficient using Newton’s law of cooling and the measured heat transfer rate to the water to calculate
Q. In this study, the condensation heat transfer coefficient was chosen as the primary means for making
comparisons between test samples.

Figure 2: Images of the (a) exterior and (b) interior of the controlled environment vacuum chamber for
carrying out the condensation heat transfer testing.
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3. PRELIMINARY RESULTS
3.1

Contact Angle Measurements

In order to quantify the surface wettability, both static and dynamic contact angle measurements were
recorded for planar surfaces in previous works by Schmiesing and Sommers (2017) and Corti et al.
(2019). The sessile drop method was applied using a ramè-hart goniometer to inject the water droplets
onto each sample. These contact angle measurements and their associated contact angle hysteresis
(𝜃"#$"%&'%( − 𝜃*+&+#'%( ) can be found in Table 1. As a reminder, longer growth periods for the SN coating
result in a thicker nanospring mat. Table 1 shows that the surfaces coated in SN have higher static
contact angles, while also possessing lower contact angle hysteresis values. This indicates that the
silica nanospring coating, as expected, is significantly more hydrophobic than the uncoated baseline
sample. Moreover, all of the SN coated surfaces would be considered superhydrophobic (𝜃-.".'& >150º).
This table also reveals that SN samples with thinner mats tend to be more hydrophobic than samples
with thicker SN mats. This was an interesting discovery and could be especially advantageous in a
condensation heat transfer context since thinner coatings should pose a smaller overall thermal
resistance to heat transfer. Additional contact angle measurements are planned to more accurately
characterize the samples being created for condensation testing.
Surface

Table 1. Mass and contact angle measurements on planar samples

Baseline surface
SN coating (30 min of growth)
SN coating (5 min of growth)
SN coating (2 min of growth)
3.2

Au
(mg)
0
0.69
0.59
0.63

SN
(mg)
0
15.7
5.4
1.1

𝜽𝒔𝒕𝒂𝒕𝒊𝒄

𝜽𝒂𝒅𝒗𝒂𝒏𝒄𝒊𝒏𝒈

𝜽𝒓𝒆𝒄𝒆𝒅𝒊𝒏𝒈

Hysteresis

99.0º
154.6º
164.7º
165.8º

110.4º
161.4º
166.9º
166.9º

70.5º
130.6º
156.7º
160.0º

39.9º
30.8º
10.2º
6.9º

Condensation Testing

To date, early condensation heat transfer testing, primarily focused on characterizing an uncoated
baseline sample, has been conducted. As expected, the bare aluminum 6061-T6 tube exhibited a
filmwise condensation (FWC) mode, which can be seen in Fig. 3a. Although a full data set has not yet
been collected for a silica nanospring coated tube, sample images of condensation on a SN-coated tube
have been recorded (see Fig. 3b), which show the dropwise nature of the condensation (DWC) on the
superhydrophobic surface. The coated tube has 1.1 mg of SN, which increase the overall tube surface

Figure 3: Condensation modes on (a) a baseline tube and (b) a silica nanospring-coated tube. (c) A plot
of the baseline condensation heat transfer coefficient with respect to the degree of subcooling.
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area by ~12 times at an estimated cost increase of 10 cents per tube. The exposed area of the
underlying substrate is present between the condensation droplets. When comparing Fig. 3a and Fig.
3b, the droplets on the baseline tube appear much larger than the droplets on the SN-coated tube.
Videos of each sample also show that the SN sample sheds droplets at a higher rate (i.e. frequency)
than the baseline surface. Figure 3c contains a plot of the condensation heat transfer coefficient data
that has been calculated for the baseline tube. These data have been plotted with respect to the degree
of subcooling between the environmental chamber temperature and the inlet cooling water temperature.
Representative error bars are provided on the basis of error propagation for the uncertainties of the data
measurement devices. Moving forward, these data will serve as the primary basis for comparison with
the enhanced SN-coated tube data in order to draw conclusions on the effect of the coating.
3.3

SEM Imaging

In order to better characterize the nano-scale features of the silica nanospring coatings, scanning
electron microscopy (SEM) images were also gathered using a Zeiss Supra 35VP microscope. These
micrographs provide information on the uniformity of the coating, dimensions of the coating and springs,
and can also provide information on the durability of the coating by examining the samples both before
and after testing. Using the growth process methodology previously explained, a uniform coating on the
circumference of each tube sample can be fabricated as shown in Fig. 4a. By increasing the
magnification, the helical structure of individual springs can also be seen, as shown in Fig. 4b. These
high magnification images also allow for the determination of the spring diameters and how much area
is occupied by springs as opposed to the surrounding environment. The mat thickness is another critical
dimension that can be measured with the help of the SEM. These imaging techniques provide a better
understanding of the coating itself and may help to also explain and interpret certain results.

Figure 4: Scanning electron microscopy images showing (a) the uniformity of the silica nanospring
coating, and (b) the helical structure and intertwinement of individual nanosprings in the mat

4. CONCLUSIONS
In this work, an amorphous silica nanospring coating was proposed as a possible candidate for
improving condensation heat transfer performance. Although the coating is still in the early stages of
testing, a number of previous studies and the gathered preliminary data to date have supported this
idea and additionally provided some insight into the characteristics of the coating that might aid in the
heat transfer process. Contact angles measured on SN-coated surfaces have exceeded 150° which
classifies the coating as being superhydrophobic. Furthermore, the coating has been shown to promote
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dropwise condensation (DWC), which is favorable over filmwise condensation in heat transfer
applications. The high surface area coating is also capable of being functionalized, which allows for
further alterations to the wettability and customization, if desired. A unique feature of the coating is that
the areas of the underlying substrate remain exposed to the surrounding environment, allowing the
aluminum (and its beneficial thermal properties) to still participate in the heat transfer process. Because
the nanosprings are made of amorphous silica, they are capable of moving without breaking. This
suggests the possibility of a reasonably high durability for the coating, especially in a non-abrasive
condensation environment. Preliminary baseline condensation heat transfer data have been collected
in a controlled environmental chamber, which will serve as a benchmark for evaluating the performance
of the SN-coated tubes. Heat transfer coefficients in the range of 1,000 – 16,000 W m-2 K-1 have been
measured, depending on the flow rate and degree of subcooling. Moving forward, the SN samples will
also be evaluated. SEM imaging will be used to determine key surface dimensions and to address the
issue of the durability of the coating. In addition, various media will be collected in order to gather
information on differences in the condensation behavior including the shedding rate and average
dimensions of condensed droplets. To date, the information gathered suggests that silica nanosprings
are a promising idea for improving condensation heat transfer performance on round tubes.

NOMENCLATURE
CVD
DAQ
DWC
FWC

Chemical vapor deposition
Data acquisition unit
Dropwise condensation
Filmwise condensation

SEM
SN
VLS
𝜃

Scanning electron microscope
Silica nanosprings
Vapor-liquid-solid
Contact angle
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ABSTRACT

This paper presents the current status of CFD modelling applied to CO2 two-phase ejectors for
refrigeration applications. Previous reviews on CO2 ejector technology have provided detailed
analysis and thorough discussion about the optimal design and performance parameters. However,
there is still a lack of information about CFD modelling of CO 2 ejectors, mainly when it comes to the
accuracy of the two-phase ejector models. The ultimate goal of this paper is to provide a complete
overview about CFD modelling of two-phase CO2 ejectors for refrigeration applications, as mainly
analytical approaches were previously discussed. The fundamental background for the research
work carried out within CO2 two-phase modelling using CFD is presented through this review.
Moreover, it highlights the main challenges that are still needed to be overcome mainly related to
turbulence
modelling,
fluid
properties
and
3D-effects
in
multi-phase
flows.
Keywords: CFD, Expansion Work Recovery, Multi-Phase Flow, R744, Trans-Critical Refrigeration
System, Two-Phase Ejector.

1. INTRODUCTION
The entry into force of the EU F-Gas Regulation 517/2014 (European commission, 2014) has led
CO2 (R744) to take centre stage as the most promising refrigerant for many applications. Also,
despite its low critical temperature, nowadays trans-critical R744 vapour-compression systems offer
great energy efficiencies even at high cooling medium temperatures. This result can be achieved by
recovering part of the available expansion work with the aid of two-phase ejectors. As an example,
it was found that commercial R744 refrigeration units consume up to 25% less electricity than the
solutions relying on man-made working fluids in warm climates (Gullo et al., 2018). Furthermore,
ejector-equipped CO2 vapour-compression systems are expected to attain similar energy benefits to
those experienced in supermarkets in other applications too (Hafner et al., 2014). However, the
potential improvements in performance offered by an ejector are highly sensitive to its four
characteristic dimensions, i.e. suction nozzle, motive nozzle, mixing chamber and diffuser.
Therefore, methods for efficient and accurate design of ejectors has gained interest from industry
and academia. A promising tool for enhancing ejector performance is the advanced computational
fluid dynamics (CFD). CFD offers insights into the complex flow in the ejector device and has already
been applied to single-phase ejector with satisfactory results (Grazzini et al., 2018). An overview of
R744 two-phase ejector CFD models was presented by Nowak et al. (2016) and also discussed by
Elbel and Lawrence (2016). These investigations revealed that currently state of the art CFD models
can quite accurately predict certain flow parameters in R744 two-phase ejectors. However, the
comparison with the limited experimental results uncovers significant errors, especially at off-design
conditions. In addition, the limitations and advantages of different models as well as recent
developments and challenges in flash models for R744 have not lately been described. Therefore,
the aim of this paper is to bridge the aforementioned knowledge gaps by carrying out a
comprehensive review on the developments of CFD models for R744 two-phase ejectors. Special
attention has been given to two-phase flashing models, as this has been the discussion focus in
recent literature.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2813

2. EVALUATION OF CURRENT STATUS
CO2 two-phase ejectors were primarily designed and investigated mainly based on experimental
studies (Elbel and Lawrence, 2016). The experimental work by Nakagawa et al. (2011) revealed
improvements in Coefficient of Performance (COP) of up to 26% compared to systems without
ejectors. However, design of ejectors can be carried out more efficiently with models, as the time
and resource costs of experimental studies heavily outweigh those of models. Furthermore, accurate
models can give insights into the flow physics that can allow for improved and new designs. Still,
unobtrusive experimental results for the validation of these models is lacking due to the difficulty
involved. While much progress has been made on R744 ejector modelling, the treatment of
multiphase flows is not well understood and many simplifying assumptions have been considered.
Several theoretical frameworks have been presented for such models The development started with
one dimensional models with the homogeneous equilibrium model (Liu and Groll, 2012), which was
later furthered with more advanced non-equilibrium approaches (Banasiak and Hafner, 2011; Brown
et al., 2013). While able to capture much of the flow physics, 3D effects were found to be nonnegligible (Smolka et al., 2013). These limitations ushered in a much research in the
multidimensional CFD models. The paper is organized as follows, the homogeneous equilibrium
model, homogeneous relaxation model and the mixture models are presented in Subsection 2.1-2.3.
Some applications of these models are described in Subsection 2.4, further model reduction is
discussed in Subsection 2.5. The advantages and limitations of the aforementioned models are
summarized in Section 3. Finally, main conclusions are given in Section 4.
2.1.

Homogeneous Equilibrium Model

The high accuracy and relative simplicity of the homogeneous equilibrium model (HEM), where twophase pure CO2 mixture is modelled as a pseudo-single-phase fluid, has been demonstrated for
one-dimensional models (Elbel and Lawrence, 2016). The HEM approach assumes instantaneous
thermodynamic and mechanical equilibrium between
liquid and vapour. With these assumptions

both phases are described with a single velocity-( u ), temperature- (T) and pressure-field (P). Smolka
et al. (2013) implemented such a homogeneous equilibrium model (HEM) into a 3D CFD model using
ANSYS Fluent (ANSYS, 2019) to capture two-phase effects in R744 ejectors. They used an enthalpy
formulation (Equation 1) in the Energy equation, treating enthalpy, instead of temperature, as the
transported variable in the energy equation. The energy equation is then re-written into:


  ( uh)    (eff h)  S h1  S h 2  S h3

Eq. (1)

The source terms S h13 describe the mechanical energy, the irreversible dissipation of the kinetic
energy variations and the dissipation of the turbulent kinetic energy (Smolka et al., 2013),
respectively. Under the equilibrium assumption the pressure and enthalpy uniquely define the
thermodynamic state in the two-phase dome:

 ,  , k , c p  f ( P, h)

Eq. (2)

The two-phase equilibrium properties were in Smolka et al. (2013) found using the REFPROP library
(Lemmon et al., 2013), and implemented into Fluent using user-defined functions (UDFs).
Experimental results performed at the SINTEF Energy Research laboratory in Trondheim (Norway)
were presented and used to validate the model. Their findings indicate that 3D effects are nonnegligible as was commonly assumed in previous simulations (Colarossi et al., 2012). The HEM
approach produced results that could accurately describe the global parameters (e.g. mass flow
rate) for conditions near the critical point. A maximum deviation of about 12% for the mass flow rate
was computed. A similar approach to the work by Smolka et al. (2013) was proposed by Lucas et al.
(2014). A 3D CFD model using the HEM approach was implemented in the open source CFD
framework OpenFOAM (Weller et al, 1998), using the TEMO-media library. The results were
compared with the experimental data collected by Lucas et al. (2013). The comparison showed 20%
and 10% discrepancy in pressure recovery when operating with and without suction flow,
respectively. They concluded that this error difference was due to the model’s inaccurate description
of mixing losses. Further studies with the HEM were implemented by Giacomelli et al. (2016, 2018a).
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In these works, the HEM was implemented with look-up tables generated from the REFPROP library
for speed of sound and density.
Palacz et al. (2015) evaluated the application range of the HEM approach for R744 ejectors within
typical supermarket refrigeration operational conditions. Here, a multi-ejector block was investigated
with experimental validation for 24 different running modes. Their findings indicate that the HEM
approach can produce accurate results when the operating conditions are close to or above the
critical pressure of CO2. However, as the motive pressure and temperature is decreased the
accuracy of the HEM approach is dramatically lowered when compared to their experimental results.
These significant errors were attributed to the non-equilibrium effects at operating conditions away
from the critical point. These effects are discussed in the next paragraph.
The limitations of the HEM have previously been discussed in the literature (Wallis, 1980, Liao and
Lucas, 2017). In general, states further away from the critical point have a wider meta-stable region.
This translates to slower meta-stable transition and larger significance for non-equilibrium effects.
Further limitations concerning the homogeneous approaches is discussed in Section 3.
2.2.

Homogeneous Relaxation Model

Palacz et al. (2015) concluded that non-equilibrium models are necessary to properly model a R744
ejector for the whole range of common supermarket operating conditions. Bilicki and Kestin (1990)
introduced the homogeneous relaxation model, a relaxed version of the HEM. The homogeneous
relaxation model (HRM) assumes, similarly to the HEM approach, a single pseudo fluid representing
the mixture of the two-phases. However, meta-stability effects are treated by applying a relaxed
vapour quality transport equation (Eq. 3).
This relaxation delays the onset of phase change in the meta-stable region. Downar-Zapolski et al.
(1996) defined a relation for the relaxation time, θ, formulated in Eq. 4. The parameters of Eq. 4 are
the mixture void fraction defined in Eq. 5, and φ is a non-dimensionalized pressure parameter. This
latter parameter was defined for supercritical parameters in Angielczyk et al. (2010) stated in Eq. 6.
The exponents a and b were empirically fit for CO2 in Angielczyk et al. (2010). Among the first works
with CFD simulations of R744 ejectors using the HRM is the model used by Colarossi et al. (2012).
In this work, the HRM was implemented in a 2D CFD model using the OpenFOAM framework. As a
starting point, they used the empirical relations for the relaxation factor for flashing water (DownarZapolski et al., 1996). Colarossi et al. (2012) compared the resulting pressure recovery from their
simulations with the experimental results in Nakagawa et al. (2011). The comparison showed up to
50% deviation, with an average error of 18.6%. They concluded that the non-equilibrium effects were
negligible, this was however evaluated near the critical point of R744.

Dx x  x


Dt

   0 a b

Eq. (3)

Eq. (4)



 sl  
 sl   sv

Eq. (5)



Psat ( s m otive)  P
Pcrit  Psat ( s m otive)

Eq. (6)

The results by Palacz et al. (2015) were contrasted with those obtained by Palacz et al. (2017a),
which were based on the HRM approach relying on the constant relaxation time for CO 2 presented
by Angielczyk et al. (2010). The comparison revealed that the HRM was able to improve model
prediction compared to HEM when the operating regime is far away from the critical point. However,
at supercritical inlet conditions the HEM approach would perform better than their HRM. Overall, the
authors found that their current HRM only improved model accuracy by up to 5% compared to the
HEM. This improvement was found unsatisfactory which prompted further investigation into the
choice of relaxation time.
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The conclusions from Palacz et al. (2017a) were that a constant relaxation time is not appropriate
when a large range of operating conditions is considered. Much investigation went into the different
parameters of equation (4) in the study by Haida et al. (2018d). The effect of the different parameters
θ0, a and b on the nozzle expansion process was discussed. In the mentioned study an optimization
algorithm was used to find optimal relaxation time parameters for different operational ranges. The
authors divided the motive nozzle pressure into a high, medium and low pressure range. In each
pressure range the RT-parameters that minimized the mass flow rate error were found. The modified
HRM showed improved results with below 15% error for the mass flow are for the extended operating
range.
2.3.

Mixture Models

The physical mechanisms of phase change are only indirectly treated by the HEM and HRM, as the
two-phase properties are determined based on equilibrium states. An alternative approach to
evaluate the phase fractions is using mixture models. Similar to the homogeneous approaches, an
averaged mass, momentum and energy equation are solved with the single pseudo fluid approach
(Eqs. 7-9). However, an additional equation governing the transport of the phase fraction is included,
Eq. 10. Here, additional submodels for the phase mass transfer mechanisms (  ) allow for more
accurate estimates of the phase fraction (  ). The state of each phase is then evaluated separately
and thermodynamic properties are found by volume and mass averaging from the vapour and liquid
properties. This contrasts the HEM and HRM, where the phase fraction and other fluid properties
are evaluated based on the equilibrium state in the two phase region (Eq. 2).

 m

 m u m, j   0

t
x j
 m u m,i
t




 m u m, j u m,i  P ij   ij ,eff   0
x j

 m E m

 m u m, j hm  q j ,eff  u m,i ij ,eff   0

t
x j
 k  k

 k u j k    e   c

t
x j

Eq. (7)

Eq. (8)

Eq. (9)
Eq. (10)

the subscript k is the phase index, summing over the N number of phases. To the best of the authors’
knowledge, the first use of a mixture model for the R744 ejector was presented in Yazdani et al.
(2012). In the mentioned paper, a non-equilibrium mixture model was implemented into a 3D CFD
model in ANSYS Fluent. Yazdani et al. (2012) found the thermodynamic properties using the
REFPROP libraries for supercritical fluid and subcooled fluid. States inside the saturation region
were interpolated from the saturation lines in the REFPROP library. Mass transfer was considered
through condensation and evaporation mechanisms, where meta-stability was treated by introducing
a time delay analogous to the relaxation time of the HRM. The model of Yazdani et al. (2012) also
included additional terms for velocity slip between the phases in Equation 8.
Recently, Giacomelli et al. (2018b) implemented a mixture model in ANSYS Fluent to simulate
supersonic nozzle flow. In this model the compressibility of both the liquid and gas phase was
considered with user-defined real gas models. Here, the two-phases were treated computationally
as two interacting fluids of different species, allowing their better description. The model uses lookup tables based on the NIST REFPROP library to define the properties of both phases. Furthermore,
the presented method is applicable for a wide range of multiphase and compressible flows.
2.4.

Applications

The presented CFD models have been extensively used for investigations of designs and concepts.
The CFD model by Smolka et al. (2013) was used to investigate irreversibility in the ejector in
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Banasiak et al. (2014). The entropy increase in different sections of the ejector was evaluated with
different ejector geometries. The analysis shows that the mixing section is one of the most significant
contributors to entropy generation due to the complex shock- and turbulent structures. Furthermore,
the authors argue that geometric optimization should focus on the interactions between different
geometric parameters, as individual optimization of these parameters in isolation yields suboptimal
results. Entropy generation in ejectors was further investigated by Sierra-Pallares (2016), where a
direct method was applied to investigate entropy generation in three R134a ejectors. The authors
novel approach involved solving the differential equations of entropy transport, identifying four
mechanisms of entropy generation. Their investigation revealed that the primary contributor is the
turbulent viscous dissipation produced in the shock train and nozzle exit shear layer.
Later, this model was applied for the investigation of an optimized shape of R744 two-phase ejectors
by Palacz et al. (2016). The optimization tool was developed with the ejectorPL software. This is a
script that automates most of the CFD workflow in the pre- and post-processing, and feeds the
resulting model into the optimization algorithm. The optimization was done using both a genetic
algorithm and an evolutionary algorithm for six geometrical parameters to maximize the ejector
efficiency. The results show that these methodologies can effectively be used for shape optimization
when the operating conditions are within the CFD model’s range of validity. The shape investigations
were furthered in Palacz et al. (2017b) with 3 more geometric parameters and for two additional
ejector geometries than in Palacz et al. (2016). Here the genetic algorithm was applied. This
procedure improved the ejector efficiencies by 6% in a robust and efficient way. A comparative study
of the controllable needle ejector (Liu et al., 2012) and the fixed geometry ejector (as used in the
multi-ejector block concept formulated by Hafner et al., 2014) was done by Smolka et al. (2016). The
previously mentioned model using the HEM approach was used. The simulation results showed high
and predictable ejector efficiency for the fixed-geometry setup for all investigated operating
conditions. On the one hand, the controllable-geometry case was able to outperform the fixedgeometry case for certain needle positions. On the other hand, it was shown that these positions
were difficult to evaluate, and gave less predictable efficiency. Simulations of ejector operation of
three different ejectors in a multi-ejector block were presented by Bodys et al. (2016). The
investigation focuses on the use of swirl-motion generator on ejector performance. The authors
suggest that improvements to the mass entrainment ratio could be achieved at very high motive inlet
rotational speeds. Furthermore, a full-scale 3D CFD investigation of the multi-ejector block was
carried out by Bodys et al. (2017). The authors demonstrated the stable operation of the multi-ejector
based refrigeration unit and indicated the possibility of shape optimization for pressure loss
reduction.
The HRM model presented by Palacz et al. (2017a) was implemented together with a heat transfer
model (coupled with the CFD solver) for the ejector walls by Haida et al. (2018a). An extensive
sensitivity analysis of the mesh was also performed. The experimental and numerical investigation
demonstrated high accuracy of the model, being capable of reproducing the wall temperature
distribution within ± 5K. The accuracy of different turbulence models for the prediction of near wall
temperature distribution as well as of mass entrainment ratio was presented. Four turbulence models
were compared: (i) k−ɛ Realizable model, (ii) k−ω SST model, (iii) Transition SST model and (iv)
Reynold stress model. The comparison showed that choice of turbulence models had a significant
effect on the results. The Transition SST turbulence model yielded the most accurate prediction of
mass entrainment ratio and wall temperature distribution. Furthermore, the investigation showed that
the effect of ambient temperature and non-adiabatic boundary conditions on the ejector outer wall
was negligible. However, the non-adiabatic boundary conditions on the inner ejector wall had a
significant impact on the flow parameters. This implies that the use of non-adiabatic ejector wall
boundary conditions may be important to capture the correct flow physics. The authors also suggest
that the use of materials with low thermal conductivity may improve ejector performance.
2.5.

Model Reduction

The large computational time expense of CFD models are, in general, prohibitive for large scale
optimization procedures. Computational tools such as ejectorPL, that can quickly generate CFD
models are important for rapid investigation of potential improvements. Therefore, reducing the
model size while maintaining the high accuracy of the CFD models have recently been discussed.
The authors would like to point to two methods that have recently been applied for the reduction of
ejector CFD models, reduced order modelling and lumped parameter modelling. Reduced order
models attempts to find an optimal basis for a model by looking at previous results. These results
are typically outputs from a high accuracy CFD model or an experimental investigation. The
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investigations by Haida et al. (2018b, 2018c) brought to light that the reduced order model ensures
high accuracy results (i.e. within 10% mass flow rate error) for a R744 ejector over most of the
investigated conditions.
Besagni (2019) presented a thorough discussion on the current and future state of ejector modelling.
Here, emphasis was put on the lumped parameter approach. The integration of CFD models with
lumped parameter models was previously described by the mentioned author. While not yet applied
to R744 systems, this should be considered for future investigations. Still, research into more
accurate CFD models will continue to be important as these directly impact the quality of these
reduced models.

3. DISCUSSION
A summary of the different two-phase methods described in this paper is presented in Table 1. The
HEM approach has the advantage of simplicity and stability, and can yield accurate results for
supercritical conditions. It is well suited for initial designs and optimizations, however has limited
accuracy for subcritical conditions. The HRM has been developed to overcome the main limitations
of the HEM, while retaining much of the benefits of the HEM. The HRM considers meta-stable effects,
and using variable relaxation times can yield accurate results for sub- and supercritical conditions.
The mixture model is a more advanced model that solves an additional conservation equation for
the phase fraction, however this requires further sub-modelling for closure of the equations. Here,
separate evaluation of the liquid and gas states gives a more accurate average value for the fluid
transport properties. Both the HRM and the mixture model have parameters of non-equilibrium that
needs to be tuned, based on substantial experimental effort. This may help generate results with
higher reliability, however requires detailed knowledge of the flow conditions.
All discussed models for the R744 ejector treat the two-phase flow as a single phase fluid with some
notion of average transport properties. This assumption is severely limiting as all information about
phase interfaces are lost, furthermore transport properties such as an averaged fluid viscosity and
speed of sound are not well defined. Some discussion on the current modelling of these properties
can be found in Awad and Muzychka (2008). However, due to the lack of experimental, tuning an
accurate two-fluid model is beyond the current state of the art.
Table 1. Summary of two-phase models used for R744 ejector CFD modelling

Model

Advantages

Challenges and limitations

Homogeneous Equilibrium
model

-Simplicity and stability,
-Accurate at supercritical
conditions,
-Extensively tested in literature

-Does not consider metastability (underestimates
flashing flows)

-Considers meta-stability,
-Extended with variable
relaxation time for subcritical
conditions

-Empirically based
parameters for relaxation
time,
-Requires tuning of
parameters

-Considers meta-stability,
-Can more accurately evaluate
the phase fractions by mass
transfer modelling
-Highly accurate results for
motive flows

-Increased complexity,
-Requires tuning of model
parameters,
-Less profound literature
database on R744 ejectors

Smolka et al. (2013), Lucas et
al. (2014), Giacomelli et al.
(2016)
Homogeneous Relaxation
model
Colarossi et al. (2012), Palacz
et al. (2017a), Haida et al.
(2018a)
Mixture model
Yazdani et al. (2012),
Giacomelli et al. (2018b)

All mentioned methods are based on a pseudo-fluid approach. While more advanced two-phase
models have been proposed and utilised in the literature for flashing water (Liao and Lucas, 2017),
this has not yet been feasible for R744 ejectors. Mainly, this is due to the small dimensions of the
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R744 ejectors, which limit experimental investigations. Many other research questions remain
unanswered and is beyond the scope of this review. One of the toughest challenges is proper
understanding of turbulent effects. While model tests have been performed with different Reynolds
Averaged Navier-Stokes models, little is known about the two-phase effects on turbulence.
Furthermore, the effects of wall heat transfer (Haida et al., 2018a) and wall surface roughness
(Brezgin et al., 2017) have been shown to have an effect on the flow. Also, it has never been
quantitatively estimated how much the presence of lubricants dissolved/mixed with R744 could
influence first the fluid properties and second the validation procedures performed in all the reported
papers. Other aspects of modelling including mesh design, solvers, 3D-effects, shock-capturing and
computational requirements should be further addressed. Lastly, the interactions between the
aforementioned factors may be important, and understanding if we are tuning the correct physical
phenomenon with the available experimental results remains a major challenge.

4. CONCLUSIONS
The transition to more environmentally friendly refrigeration systems has brought about a great
interest in ejector-equipped CO2 systems for several applications and operating in any climate
context. Much due to the size of this component accurate CFD models have been used to improve
its design. The HEM approach has been the most prominently used model, and has been applied
for design applications. Due to inherent limitations of the equilibrium assumption, the HRM and
mixture models have been implemented into commercial CFD software. These models include metastability effects, which have been found to be important for R744 refrigeration applications. These
methods have been applied for investigations of heat transfer, swirl generation, entropy generation
and controllable geometries. Furthermore, methods for reducing computational cost of these models
have recently been discussed. While the currently available models are able to reproduce
experimental results with satisfactory accuracy, further research into turbulence, multiphase effects
and shock structures may improve model accuracy and enable improved design procedures for
R744 ejectors. Further discussion on the different aspects in CFD modelling of R744 ejectors will be
presented in future review work.
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NOMENCLATURE
CFD
HEM
UDF
a,b
E
k
s
T
x



θ
μ
τ
c

Computational fluid dynamics
Homogeneous equilibrium model
User defined function
Dimensionless exponents
Total energy (kg·s-2m-1)
Thermal conductivity (kJ·s-1·m-2K-1)
Specific entropy (kJ·kg-1·K-1)
Temperature (K)
Vapour quality
Greek letters
Phase fraction
Relaxation time
Dynamic viscosity (kg·m-1 s-1)
Shear stress
Subscripts
Condensation

COP Coefficient of Performance
HRM Homogeneous relaxation model
cp
h
P
S
u

Heat capacity (kJ·kg-1·K-1)
Specific enthalpy (kJ·kg-1)
Pressure (bar)
Enthalpy source term
Velocity (ms-1)

Γ

ρ
φ

Diffusion coefficient
Mass transfer coefficient
Density ( kg·m-3)
Non-dimensionalized pressure parameter

crit

Critical condition
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e
k
motive
sv

Evaporation
Phase index
Motive nozzle condition
Saturated vapour

eff
m
sat
sl

Effective
Mixture property
Saturated
Saturated liquid
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ABSTRACT
Within the scope of the F-gas regulation there is a trend towards future proof technologies using
hydrocarbons, CO2 or other low GWP refrigerants. In supermarket refrigeration, the integral display
case architecture is one of these technologies because it allows for using the flammable hydrocarbon
propane (R290).
The integral display case architecture consists of refrigerant circuits for each display case which
reject heat to a water or brine loop. For the application with R290 it uses multiple circuit systems with
low charge each (<150 g) to comply with international product standards (IEC60335-2-89). With
safety regulations allowing for larger quantities of R290 per refrigerant circuit, it will be possible to
use single circuit designs and therefore benefit from the variable speed compressor technology.
The paper presents an integrated solution for water cooled integral display cases that supports
manufacturers in dealing with the technical challenges associated with new refrigerants such as
hydrocarbons and variable speed technology. The solution includes a variable speed scroll
compressor designed for the use of R290, a variable frequency drive, electronic expansion valve,
safety devices and a system controller. The focus is on the optimization of the system efficiency and
control as well as the design for limited refrigerant charge.
Keywords: R290, Integral Display Case, Water Loop, Low Charge, Variable Speed.

1. INTRODUCTION
As alternatives to HFCs are considered, there are two primary natural alternatives available, CO2
and hydrocarbons such as propane, and other low GWP refrigerants. In supermarket refrigeration,
the integral display case architecture is a technology that allows for using the flammable hydrocarbon
propane (R290).
‘Integral’ refrigeration describes stand-alone display cabinets and freezers that each contain their
own cooling system – much like a domestic fridge. Integral units predominate in the drinks vending
machines and ice cream freezers found in corner shops around the world. Most supermarkets have
some integral units, even if their main system is remote. But integral systems can also be used to
provide refrigeration for entire stores provided the heat generated is removed to an external chiller
or heat exchanger through a simple pipe containing water or brine. These are referred to as water
cooled integral systems.
Benefits of such architecture can include improved energy efficiency, reduced refrigerant leakage
and lower maintenance requirements, that can contribute to better environmental performance and
significant cost savings in the right application (Peters, 2017).
For the application with R290 it uses multiple circuit systems with low charge each (<150 g) to comply
with international product standards (IEC60335-2-89, 2010). However, with safety regulations
allowing for larger quantities of R290 per refrigerant circuit, it will be possible to use single circuit
designs and therefore benefit from the variable speed compressor technology.
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A seasonal calculation can show the advantage of using a variable speed compressor for the display
case application. The main benefit is generated through the capacity control according to different
cooling loads occurring. The calculation procedure used is described in Fig. 1:

Figure 1: Flow chart of seasonal calculation procedure

We start with the demand calculation which calculates the display cooling load for every hour in one
year. We assume the supermarket indoor conditions (air temperature and relative humidity) to
linearly correlate with the outdoor air temperature. Ming described the load variation of a display
case depending on these indoor conditions (Zhang Ming, 2006). The load also depends on the usage
of night curtains during the hours that the supermarket is closed. For the water or brine loop
temperature we use a fixed difference to the outdoor temperature describing the efficiency dry cooler.
With the capacity demand and water temperature for each hour the refrigerant circuit can be
computed. For each hour the compressor operation (on/off cycling, capacity control) is calculated.
Therefore, the compressor polynomial and a linear evaporator characteristic is used. The annual
cooling demand and the annual electrical energy consumption are the sum of the hourly values and
are used to compute the seasonal performance factor of the solution.
For a typical configuration in a western European climate we calculate an improvement of the
variable speed technology over fixed speed compressors of more than 10%. The main benefit is
through the improved temperature differences in the evaporator during part load operation.
This paper presents the development of the integrated solution including variable speed compressor
with focus on energy efficiency optimization and low charge of refrigerant.

2. INTEGRATED SOLUTION FOR SYSTEMS USING VARIABLE SPEED
COMPRESSOR
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2.1.

Horizontal variable speed scroll technology

Since 2012, cooling and heating optimized high efficiency variable speed scroll compressors have
been released and were very successful on European residential heat pump market and shortly after
on the commercial AC market (Dardenne et al., 2014; Bertagnolio et al, 2016).,
Variable speed scroll compressors provide the following advantages
- Extensive 900-7200 RPM speed range for enhanced light load efficiency
- Optimized scroll elements for variable speed performance and efficiency boost in part load
operation
- Low oil circulation compressor plus scroll oil injection for low speed performance and
reliability
- Permanent magnet motor technology for highest efficiency
Variable speed scroll technology brings also many other system advantages, such as: enhanced
control accuracy, continuous capacity management, reduced start-up current, low sound emissions
at part load and during cycle reverse transitions of reversible systems.
Horizontal compressors (figure 2) are of interest in integral display case applications since they can
be installed on top of the display case while remaining below the max allowable typically in
supermarkets. It is an advantage indeed not to alter the rest of the design of the cabinet that
otherwise could influence the air stream, air temperature and humidity controls.

Figure 2: Horizontal Variable speed scroll compressor dedicated to integral display cabinet

Compressor-drive matching is also critical and requires particular attention in order to deliver the
best performance in terms of motor and inverter drive efficiency and reliability. Active protection
algorithms incorporated into the motor control drive safeguard the compressor and drive from many
adverse operating conditions, including:
- Motor & scroll temperature protection
- Locked rotor detection
- Phase protection and correction
- Maximum operating current detection
- Anti-short cycling
2.2.

Integrated Solution for IDC

Implementation of variable speed technology in an integral display cabinet represents a significant
challenge for system manufacturers, in terms of system design, control and qualification. For that
reason, some integrated solutions have been developed to:
- Allow easier and effective implementation of variable speed technology in systems by
proposing pre-qualified sets of optimized components (compressors, drive, expansion valve
and controls), ready for assembly, to system manufacturers
- Increase performance of systems, not only through the use of variable speed technology, but
also through more efficient system control and management in steady-state and transient
operation
- Reach maximal reliability by integrating active protection and fault detection capabilities
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Typically, the integrated solution includes (Fig. 3):
- the variable speed scroll compressor
- the inverter drive with Modbus communication
capability
- the bipolar stepper motor electronic expansion
valve
- the pressure transducers and temperature
sensors
- the circuit controller, managing the main
components of the refrigerant circuit

Figure 3: Typical arrangement of the main elements
of the integrated solution for an integral display cabinet

3. SOLUTION PROTOTYPING AND TESTING
A prototype of the solution has been set-up and tested in our laboratory, see figures 4 and 5 for the
schematics. A particular care has been given to the water loop where a configuration with
recirculating 3 way valve and pump has been installed in order to increase the Delta T on the
primary water flow and hence maintain good accuracy even at part load (see Fig. 4).

Figure 4: Solution prototype testing on display case

Figure 5: Test stand schematic including the water loop controls
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As can be seen in Fig. 6, normalized silicon modules have been installed in order to monitor the
product temperature according to EN 23953 (2015). Resulting temperatures at the different places
in the display cabinet need to remain in a certain temperature band according to the class of the
cabinet, see figure z.

Figure 6: Reference silicone module temperature measurements
representing product temperature

4. SOLUTION OPTIMISATION
4.1 Variable Speed Compressor and Electronic Valve
The peculiarity of the solution resides in the synchronised management of the compressor and the
electronic expansion valve. The control uses predictive algorithms relying on compressors and valve
performance mapping data allows achieving more accurate and dynamic control of the system as
well as active protection of the system.
The circuit control ensures variable speed compressor envelope management and drives the
compressor in a smooth way across the different regions of its operating envelope (Figure 6).
In parallel, the electronic expansion valve (EEV) is driven to maintain compressors suction state
within acceptable range to ensure efficient and reliable operation, avoiding too high superheat
(typically >20K) or liquid floodback. EEV control during transient is crucial and has to match fast
systems capacity variations (speed ramp-up/ramp-down, compressor cycling at very low load, oil
recovery cycles). To this end, smart control logics, including fuzzy logic, adaptive PID and dynamic
valve prepositioning, have been implemented. Figure 7 shows the control of two different superheat
setpoints.
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Figure 7: Superheat temperature difference and valve opening
for two different superheat set points (10 K – left graph, 5 K – right graph)

EEV control is critical to ensure optimal system efficiency in steady-state operation. Indeed, too high
superheat may quickly lead to inefficient operation due to excessive approach temperature in
evaporator plate heat exchanger, leading to lower evaporating temperature levels and higher
compressor power consumption. While lowering evaporator superheat is beneficial for system
overall performance, it also increases the risk of liquid floodback to the compressor. Then, smart
control algorithms relying on compressor and valve performance mapping equations are used to
increase control robustness and achieve optimal superheat levels, in a safe and reliable way.
Of course, integrating compressors and EEV control can bring significant advantages in terms of
active compressor protection, such as anticipation of high/low evaporating or high condensing
limits crossing or flood-back and activation of adapted corrective actions (compressor speed or
valve opening adjustment)
Beyond the compressor and valve controls, the main components like the evaporator need to be
considered in the optimisation process. Particularly in this case where the limitations on the total
refrigerant charge in the system can affect heavily the display case performance.
4.2 Evaporator
The evaporator is the component that contains the highest part of the total charge in the system.
Reducing the coil pipe diameter is an important way to achieve lower charge. By doing so though,
pressure drop increase needs to be compensated by an increased number of circuits. Also, reduction
of the surface area needs to be compensated by an increased number of lengths of tube. Void
fraction analysis and heat exchanger heat transfer model was used in this case to optimise the
solution. Reference. Purdue
As mentioned above, compressor speed modulation influences evaporation temperature, see Figure
8, and has a notable effect on system efficiency.

Figure 8: Evaporation temperature depending on compressor speed
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4.4 Fan Speed
Fixed speed display case fans were changed to variable speed ones with Modbus connectivity to
the electronic board. This allows to optimise the air curtain in order to achieve the required product
temperature conditions at the lowest power as possible. Here a display case approach needs to be
taken as an optimum air speed at the evaporator level can be negative at the display case level
because of its impact on the air curtain and the consequent mixing of hot and wet air with the
recirculating air in the display cabinet.
A too high fan speed increases the cooling demand of the display case through a high infiltration
rate. With the variable speed compressor, the cooling capacity is controlled to ensure a constant
product temperature with varying cooling demands. Fig. 9 shows that the compressor speed
increases with increasing fan speed.

Figure 9: Compressor speed vs. fan speed for tested display case with variable speed compressor

4.3 Condenser
A plate heat exchanger was used with minimization of charge in mind. Given the length of such heat
exchanger and the space available (mainly the height is constrained), there is an optimum in terms
of number of plates and tilt angle for achieving the highest performance at the lowest charge.

5. CONCLUSIONS
The benefits of the water loop integral display cabinets have been discussed in this paper in the
context of the F-gas phase down, the subsequent need for future proof refrigerants and the usage
of propane in supermarket refrigeration.
The regulatory change soon allowing higher charge, the paper shows the energy benefit of using
variable speed modulation at the compressor level. A seasonal efficiency analysis taking into
account the different parameters of the supermarket, the display cabinet and the refrigerant circuit
shows up to 10% higher efficiency when using variable scroll technology.
A display case prototype has been equipped with the horizontal scroll compressor technology
allowing the optimization process of the developed integrated solutions including the controls of the
frequency drive, the electronic expansion valve and the safety devices. Besides the controls part,
the other components including the evaporator, the condenser and the fans have also been
discussed in the scope of the requirement of a low charged system.
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ABSTRACT
Compared to plants, response to cold stress in animals is regarded as less important; however, in
animals, peripheral tissues like skin are sensitive to cold and induce shivering. In this study, we
focused on the mitochondrial damage resulting from exposure to low temperature using HaCaT cells
as a human epidermal cell model.
HaCaT cells were incubated at 4 °C. Mitochondrial membrane potential was observed by a
membrane potential indicator dye, JC-1. Reactive oxygen species (ROS) was detected by H2DCFDA
and MitoSOX dyes. Acidic vesicular organelles were stained with acridine orange.
After incubating the HaCaT cells at 4 °C, the mitochondrial membrane potential decreased and ROS
generation increased, leading to cell death. Moreover, accumulation of acidic vesicular organelles
was observed and lysosomes were co-localized to the mitochondria.
These data suggest that lysosomes degraded the damaged mitochondria for cell survival in cold
stress.
Keywords: Low-temperature stress, Mitochondria, Lysosome, ROS.

1. INTRODUCTION
Cells are generally exposed to stress caused by external and internal factors (Neutelings et al., 2013;
Muriach et al., 2014). Therefore, cells have developed mechanisms to adapt to various forms of
stress, wherein, they induce reactions that maintain homeostasis. Therefore, elucidating this stress
response would provide insight into the maintenance of homeostasis in the cells.
Various external stress factors exist, one of them being low-temperature stress. Study on lowtemperature stress signaling was carried out in plants (O’Kane et al., 1996). When the chloroplasts
and mitochondria are damaged by low-temperature stress, reactive oxygen species (ROS) is
produced and it accumulates in the cell. Upon ROS upregulation, the cell membranes are destroyed
and cell death is induced. Plants synthesize antioxidants to protect the cell membranes and prevent
the damage caused by low-temperature stress (Zhang et al., 2013). Thus, in plants, the stress
response mechanism via reduction of ROS is crucial in low-temperature stress.
Nevertheless, few reports were obtained only regarding the low-temperature stress response in
mammals, because they are homoeothermic; however, the skin covering the entire body in
homoeothermic animals is easily susceptible to external temperature changes. In particular, by
swimming in cold water or working in deep cold storage room, the skin surface temperature could
be dropped to 10 °C (Baldus et al., 2012; Rust et al., 2012), leading to low-temperature stress. In
the previous study, we revealed that mammalian cells provoked ROS generation after lowtemperature incubation and resulted in cell death. Inhibition of ROS attenuated low-temperature
incubation-induced cell death, suggesting that low-temperature incubation induces ROS generation
(Yazawa et al., 2015).
In this study, we elucidated a possible mechanism in response to the low-temperature-induced ROS
generation with human keratinocyte HaCaT cells as an epidermal cell model.
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2. MATERIALS AND METHODS
2.1.

Cell line

The human keratinocyte cell line HaCaT was provided by Professor P. Boukamp and Dr. N. Fusenig
(German Cancer Research Center, Heidelberg) (Boukamp et al., 1991). Cells were cultured in
Dulbecco’s Modified Eagle’s Medium (DMEM; Sigma, Missouri, USA), supplemented with 10% fetal
bovine serum (Biofill, Elsternwick, Australia) and 10 mL/L × 100 Streptomycin/Penicillin solution
(Wako, Osaka, Japan) at 37 °C, in a 5% CO2 incubator (ESPEC, Osaka, Japan). For incubation at
4 °C, DMEM with 25 mM HEPES (25 mM HEPES/DMEM) and 10% fetal bovine serum and 10 mL/L
× 100 Streptomycin/Penicillin solution was used as a medium to control pH and the cells were
cultured in the refrigerator.
2.2.

Analysis of mitochondria membrane potential (∆Ym)

Cells (1 × 106) were incubated for 15 min with a medium containing 1 µg/mL cation dye, that is,
5,5’,6,6’-tetrachloro-1,1’,3,3’-tetraethylbenzimidazolylcarbocyanine
iodide
(JC-1,
Sigma).
Thereafter, the cells were incubated for the indicated times at 4 °C with 25 mM HEPES/DMEM. The
cells were then centrifuged and collected, washed, and resuspended in PBS. The fluorescence of
mitochondria localized in the aggregated form (red) and in the cell-incorporated monomer form
(green) was observed via confocal microscopy. In contrast, the cells (1 × 106) were incubated for the
indicated times at 4 °C with 25 mM HEPES/DMEM. The cells were then collected, washed, and
resuspended in PBS. Thereafter, they were incubated for 15 min in a medium containing 100 nM
3,3’-dihexyloxacarbocyanide iodide (DiOC6 (3); Molecular Probes, Eugene, OR). After incubation,
the cells were washed with PBS, resuspended in PBS and the ∆Ym value was examined via flow
cytometry (FACS) (Becton Dickinson, Franklin Lakes, USA).
2.3.

Analysis of ROS generation

For estimating the cellular ROS, cells (1 × 106) were incubated for 30 min in a medium containing 25
μM 2’,7’-dichlorodihydrofluorescein diacetate (H2DCFDA). Thereafter, they were incubated for the
indicated times at 4 °C with 25 mM HEPES/DMEM. The cells were then collected, washed, and
resuspended in PBS. Fluorescence intensity of H2DCFDA was then measured via confocal
microscopy. For estimating the mitochondrial ROS, cells were incubated for the indicated times at 4
°C with 25 mM HEPES/DMEM. Thereafter, they were incubated with 5 μM MitoSOX Red
mitochondrial superoxide indicator (Molecular Probes), for 15 min at 37 °C, in the dark, according to
manufacturer’s instructions. Fluorescence intensity of MitoSOX Red was then measured via flow
cytometry.
2.4.

Cellular viability analyzed by calcein-AM and propidium iodide (PI) assay

A 0.1% poly-L-lysine-coated 12-mm Φ microscope cover glass (Thermo Fisher Scientific, Waltham,
USA) was placed in a 24-well plate (Corning, NY, USA) base. About 2.0 × 105 HaCaT cells were
seeded into each well, and cultured overnight at 37 °C in a 5% CO2 incubator. These cells were
adhered to a 12-mm Φ microscopic cover glass. The cellular viability was evaluated by double
staining: 3 μg/mL calcein-AM, and 1-μg/mL PI containing PBS. After cultivation for 6, 12, 18, and 24
h at 4 °C, DMEM was removed from the 24-well plates. Thereafter, 500 μL of prepared calcein-AM
and PI staining solution was added to each well, and the plates were incubated for 15 min at 37 °C
in a 5% CO2 incubator. When cover glasses were removed, approximately 100 cells were observed
in the field via a fluorescence microscope (BX51, Olympus, Tokyo, Japan). Cellular viability (%) was
calculated by the number of viable cells divided by the viable and dead cell count.
2.5.

Observation of lysosome (acidic vesicular organelle) by using acridine orange
staining

Cells (1 × 106) were incubated for the indicated times at 4 °C with 25 mM HEPES/DMEM. Thereafter,
the cells were incubated for 15 min with acridine orange at 37 °C in a 5% CO2 incubator. The
fluorescence was observed via confocal microscopy.
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3. RESULTS
3.1.

Loss of mitochondrial function

In our previous study, we revealed that 4 °C treatment of HaCaT cells increases the mitochondrial
ROS, suggesting that mitochondrial function is perturbed by low-temperature treatment (Yazawa et
al., 2015). Therefore, we focused on the ∆Ym, which is decreased during the mitochondrial damage.
We used cationic dye JC-1 to estimate the ∆Ym in confocal microscopy. When ∆Ym is high, JC-1
concentrates in the mitochondrial matrix and aggregates to form bright red fluorescence. When ∆Ym
is low, JC-1 disperses to the cytoplasm and shifts to green florescent monomers. As presented in
Figure 1, after the treatment to HaCaT cells at 4 °C, fluorescence of JC-1 shifted the from red to
green, which indicates the time-dependent loss of ∆Ym. Similar results were obtained by using a
different cationic mitochondrial dye, DiOC6 (data not shown). Upon ∆Ym occurrence, we checked
whether ROS was also generated. In Figure 2, confocal microscopic analysis clearly indicated that
the ROS generation was increased after culture at 4 °C. Precise ROS detection was measured using
mitochondrial ROS indicator and flow cytometric analysis, and we concluded that mitochondrial ROS
was increased after cultivation at 4 °C (Fig. 3). This data suggested that cultivation at 4 °C induced
loss of mitochondrial function.

Figure 1. Mitochondrial membrane loss after cultivation at 4 °C

Confocal microscopy images of HaCaT cells treated with ∆Ym indicator JC-1. Protonophore
CCCP was used as a positive control.

Figure 2. ROS generation after cultivation at 4 °C

Confocal microscopy images of HaCaT cells treated with ROS indicator H2DCFDA.
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3.2.

Cell death induced by mitochondrial loss of function

Figure 3. Mitochondrial ROS after cultivation at 4 °C

Flow cytometric analysis of HaCaT cells treated with the mitochondria ROS indicator
MitoSOX Red.
After a certain period of time at 4 °C, HaCaT live cells were stained green by calcein-AM, whereas
dead cells were stained red by PI. Figure 4 shows that cell viability did not change during 0–6 h of
culture at 4 °C; however, cell viability dropped after 12 h of culture. After adding 10 mM N-acetyl-Lcysteine (NAC) as an antioxidant, the cell viability was higher than that observed with no addition in
the control after cultivation at 4 °C for over 12 h. From these results, we conclude that cell death
after cultivation at 4 °C was induced by mitochondrial damage.

Figure 4. Cell viability loss after cultivation at 4 °C was occurred by mitochondrial ROS
generation

HaCaT cells treated with calcein-AM (live cells) and PI (dead cells) after cultivation for
indicated times at 4 °C with/without 10 mM NAC. Cellular viability (%) was calculated as the
number of viable cells divided by the sum of viable and dead cells.
3.3.

Accumulation of acidic vesicular organelles

Damaged mitochondria are excluded by inducing autophagy. We, therefore, determined the
involvement of lysosomes for the exclusion of damaged mitochondria. We used the dye acridine
orange as its protonated red fluorescent form accumulates in acidic vesicles such as lysosomes. In
Figure 5, control cells exhibited only green fluorescence, and culture at 4 °C displayed considerable
red fluorescence, suggesting that acidic vesicular organelles such as lysosomes were accumulated.
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Moreover, co-localization of mitochondria and lysosomes were observed after culture at 4 °C (data
not shown).

Figure 5. Accumulation of acidic organelle after cultivation at 4 °C

(A) Confocal microscopy images of HaCaT cells treated with acridine orange. (B) Red/Green
ratio of (A) was calculated.

4.

DISCUSSION

Cell death increased in the HaCaT cells after 12 h of culture at 4 °C. Reduction of ∆Ym and increase
of mitochondrial ROS was observed, suggesting that cultivation at 4 °C induced loss of mitochondrial
function. We thus considered that HaCaT cells received oxidative stress by low-temperature. Indeed,
addition of anti-oxidant NAC reduced the cell damage by low-temperature.
Abnormal mitochondria promote ubiquitination. It is widely accepted that this ubiquitination signals
abnormal mitochondrial elimination by autophagy, which is a cytoprotective action that decomposes
its intracellular constituent to the amino acid level and reuses it when the cell falls into a starvation
state. Moreover, autophagy allows the turnover of organelles in eukaryotic cells. This process initially
occurred by the formation of membrane vesicles called autophagosomes, which sequesters
macromolecules and organelles before fusing with lysosomes. Second, lysosomes were fused to
autophagosomes and formed autolysosomes on degradation. In the present study, we found that
acidic organelles were accumulated by low-temperature induction, suggesting that lysosomes were
increased. However, to prove autophagy occurred by low-temperature progression, autophagosome
formation as well as autolysosome formation was observed. We will be addressing this issue in future
studies.

5.

CONCLUSIONS

Loss of mitochondrial function was induced by low-temperature stress in HaCaT cells. Addition of
antioxidant NAC reduced cell damage by low-temperature. Moreover, accumulation of acidic
vesicular organelles induced by low-temperature treatment was observed. These data suggest that
lysosomes degraded damaged mitochondria for cell survival in cold stress.
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ABSTRACT
Vitrification is one of effective methods for cells cryopreservation. An ultra-fast cooling rate is beneficial to
improve the vitrification level of the extra and intracellular solution and increase cell survival rates. Thin film
evaporation is an efficient phase change heat transfer mode, and can achieve the ultra-fast cooling rate if it is
utilized for cell vitrification. In this paper, a novel ultra-fast cooling method utilizing thin film evaporation was
developed, and used for the vitrification of hamster ovary cells. Contrast experiments among this novel method,
slow freezing method and open pulled straw vitrification were conducted. The experimental results showed
that the novel method achieved a highest cooling rate and cell survival rate than the other two conventional
methods. The reason why the novel method achieved the ultra-high cooling rate was mainly that thin film
evaporation of liquid nitrogen can avoid the forming of “vapor blanket” and improve the heat transfer coefficient
of cell vitrification. The current investigation proved preliminarily the feasibility of this novel cell vitrification
method.
Keywords: Cell Cryopreservation, Ultra-fast Cooling, Vitrification, Thin Film Evaporation

1.

INTRODUCTION

Cell vitrification has been widely used in many biological fields such as biodiversity conservation, livestock
species improvement, and human assisted reproduction. In this process, an ultra-fast cooling rate is a key
parameter. ultra-fast cooling can offer two advantages(Vajta et al., 1998): 1) the required cryoprotectant
concentration can be decreased with a consequent decrease in the associated potential toxicity; 2) a more
rapid passage through the dangerous temperature zone results in reduced freezing injury. In conventional
vitrification procedure, such as, electron microscopic(EM) grip method(Steponkus et al., 1990 and Martino et
al., 1996), open pulled straws (OPS) method(Vajta et al., 1998 and Isachenko et al., 2001), method using
cryoloops (Mukaida, et al., 2001), and slush nitrogen method(Steponkus et al., 1993and Yoon et al., 2007),a
typical cooling rate applied to samples is approximately 25000°C/min. Although these methods achieve
complete or partial vitrification of cell suspensions, highly concentrated cryoprotectants are required. The
highly concentrated cryoprotectants have certain toxic and permeability damage to the cells, and that results
in reduced cell survival rates. Besides, the procedure for adding and removing it during cell freezing and
resuscitation is very complicated. If the cooling rate was improved further, the concentration of cryoprotectants
could be decreased.
Thin film evaporation is an efficient phase change heat transfer style, and its heat transfer coefficient far
exceeds other heat transfer forms(Bau et al., 1982, Kaviany et al., 1995,Demskyet al., 2004, and Saitet al.,
2009). process of liquid nitrogen as the evaporation liquid. The results showed that the average evaporation
heat transfer coefficient of liquid nitrogen in the thin film evaporation zone can reach 10 6W/m2°C.If it was used
to freeze 0.1mm thick cell suspension liquid, the cooling rate could theoretically reach 10 6 °C/min. On the basis
of the theoretical analysis, Su et al. (2012) constructed the experimental system that can realize thin liquid film
evaporation of liquid nitrogen. The cooling rate reached 50000 °C/min, and is 2 times that of the current
vitrification method.
To examine the practicability of this method for cell vitrification, an experiment for hamster ovary cells
vitrification will be done in this paper. It is based on thin film evaporation of liquid nitrogen. Furthermore, the
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comparison experiments, in which the other two generic approaches of cell cryopreservation are used, will be
done. The methods are respectively the equilibrium freezing method and the open pulled straws vitrification
method. Besides, the mechanism for the improvement of the cooling rate in the novel method will be analysed
from the view of heat transfer.

2.
2.1.

EXPERIMENTAL SYSTEM AND PROCEDURE

Cell vitrification method based on thin film evaporation

The experimental system is illustrated in Fig. 1. This system includes a chamber, a frozen carrier, two liquid
nitrogen containers (CRY-AC®B-700, Brymill Cryogenics Systems) connected with liquid nitrogen jet
tubes(2mm inner diameter, 291mm length), a pressure sensor(Series 910, MKS Instruments Inc.), a fine
thermocouple of 70 µm in diameter(OMEGA Engineering Inc.), and a data acquisition system(National
Instruments Inc.).The frozen carrier refers to a carrier used to carry cell suspension liquid during cell
vitrification. In the thin liquid film evaporation cooling process of liquid nitrogen, it also plays a role in forming
thin liquid film region. It is shown in Fig.2. It is made from two pieces of the 10 mm×10 mm×0.15 mm silicon
chips as the basal sheets. A microstructured layer with a thickness of 100 m, which consisted of 100 µm×100
µm×100 µm pillars, was etched on its outside surface. The distance between these cubes on the
microstructured surface is 200 μm. Between two silicon chips, there is a 5mm×5mm×0.1 mm storage space
to place cell suspension. Liquid nitrogen serves as the working fluid. The two liquid nitrogen containers with
jet tubes inject liquid nitrogen on the micro structured surface of the frozen carrier. The pressure sensor and
the fine thermocouple measure the actual pressure and temperature and sent the signal to the data acquisition
system. The thermocouple is fixed among two pieces of the silicon chips. Because the diameter of the
thermocouple is only 70 µm, its time constant is 18.5µs. The temperature sampling time interval is 100µs. The
thermal inertia of the thermocouple does not significantly influence the transient temperature measurements.
The uncertainty of the measured temperature is ±0.3°C. The uncertainty of the measured pressure is ±50 Pa.

1. chamber,2. frozen carrier, 3. pressure sensor, 4. vacuum pump, 5. liquid nitrogen container,6.
thermocouples, 7.liquidnitrogen jet tubes, and 8. data acquisition system
Figure 1: Vitrification freezing experimental system based on thin liquid film evaporation
In the experiment, the hamster ovary cells are suspended in the cryopreservation solution (including 80% F12K
medium which contains a certain amount of nutrients such as Amino acid, Nucleoside, sugar, Peptide growth
factors, hormones, inorganics, lipids, 10% fetal bovine serum, and 10% Dimethyl sulfoxide). Fig. 3 show the
photo of the prostate cancer cells using a laser scanning confocal microscopy. The cell suspension with the
prostate cancer cells is first placed in the storage space between the two silicon chips. The frozen carrier is
put vertically between the two liquid nitrogen containers. The data acquisition system opened and start
recording the temperature of the frozen carrier; Then, the liquid nitrogen injector valve is opened. liquid nitrogen
arrives on the frozen carrier microstructure surface and evaporates. Due to this quick evaporation and heat
absorption, the frozen carrier was ultra-fast cooled from 20°C to -196°C.Finally, the valve of the liquid nitrogen
injector and the NI data acquisition system are closed, and the freezing carrier with the cell suspension liquid
is placed in a liquid nitrogen tank for storage.
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Figure 2: Frozen carrier diagram

Figure 3: Photo of hamster ovary cells

2.2.

Equilibrium freezing method

Equilibrium freezing method is a slow freezing method. Its experimental procedure is as follows: 1. the frozen
storage tube containing the cell suspension with hamster ovary cells is placed in a refrigerator at 4 °C for 1
hour; 2. it is transferred into a refrigerator at -20 °C for 4 hours; 3. it is transferred to a -70 °C refrigerator for
12 hours; 4. It is sunk into liquid nitrogen sank for storage finally.

2.3.

Opening Pulled Straw vitrification method

The opening pulled straw vitrification method of Vajtaet et al. (1998) is cited in this paper. The inside diameter
of the straw is 0.9mm, and the wall thickness is 0.15mm. A fine thermocouple whose diameter is 70 µm is fixed
in the straw to measure the temperature variation in the cooling procedure. The experiment procedure is shown
in Fig. 4. The cell suspension with hamster ovary cells is firstly sucked into the straw by capillary force, then
directly immersed in liquid nitrogen. The straw with the cells suspension is cooled to the liquid nitrogen
temperature. Finally, the straw is transferred into a liquid nitrogen tank for storage.

(1. cell suspension with hamster ovary cells is sucked into the straw by capillary force; 2. it is immersed in
liquid nitrogen. 3. It is placed in a 37 ℃ constant temperature water bath.)
Figure 4: Opening pulled straw vitrification method (Vajta et al., 1998)
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2.4.

Cell viability detection

In the paper, the same cell viability detection method is used in the above three cell cryopreservation methods.
It is the trypan blue exclusion test. The cell suspension is taken out from the liquid nitrogen tank together with
the respective freezing carrier, then directly placed in a 37 °C constant temperature water bath. The cells
sample melts for about 90 s. It is washed and centrifuged to remove the cryoprotectant. The cell suspension
of 10μL is removed into a test tube, and added into the trypan blue solution of 10μL. The mass concentration
of the trypan blue solution is 0.4%. The cell suspension with the trypan blue is removed on a piece of cell
counting plate. It is tested by a laser scanning confocal microscopy (LEXT3100, Olympus Corporation). Living
cells are not stained with trypan blue, so they are translucent under the microscope. Dead cells are changed
into blue. The total number of all cells on the cell counting plate and the number of cells stained with trypan
blue were counted separately. Cell Survival rate, RS is calculated by:

RS =

N1
100%
N2

Eq. (1)

Where N1 represents the number of viable cells, and N2 represents the total number of all cells.

3.

DATA ANALYSIS METHODOLOGY

To achieve more heat transfer information of the novel cells freezing method, the lumped capacitance method
was used. This method assumes that the temperature of the frozen carrier is spatially uniform at any instant
during the transient process. The temperature of the carrier was measured by the thermocouple in the
experiments. The amount of heat transfer, Q, from the carrier was absorbed in the evaporation of liquid nitrogen
at the moment of (t-1) and (t) with a differential time of ∆t. Therefore, Q, is expressed as,

Q = mCp [T (t −1) − T (t )]

Eq. (2)

T(t-1) is the temperature of the carrier at the moment of (t-1), and T(t) is the temperature of the carrier at the
moment of (t).With energy conservation, Q could be expressed as,

Q = qsΔt

Eq. (3)

The heat flux, q, at time t, could be obtained by combining Eqs. (2) and (3), which gives

q=

mC p [T ( t − 1) − T ( t )]
s Δt

Eq. (4)

The heat flux, q, at time t, can be represented by the following expression of

q=

ΔT T ( t ) − (−196)
=
Rt
Rt

Eq. (5)

where ∆T is the temperature difference between the frozen carrier and liquid nitrogen, and-196 °C is the liquid
nitrogen saturation temperature. Because the cooling process happened in a second, and the liquid nitrogen
was injected from the atmosphere, which resulted in -196 °C of liquid nitrogen saturation temperature for a
quasi-steady state process.
Combining Eqs. (4) and (5), the total heat resistant, Rt, can be obtained as
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Rt =

[T ( t ) − ( −196 )]Δts
mC p [T ( t − 1) − T ( t )]

Eq.(6)

The total heat resistance includes four parts: the conductive resistance of the silicon base, R1, the conductive
resistance of the micro structured layer, R2, the evaporation heat resistance of the liquid nitrogen,R3,andthe
conductive resistance of the cells suspension, R4.

RT = R1 + R2 + R3 + R4

Eq.(7)

The conductive resistance of the silicon base, R 1, can be found as

R1 =

d1
k1

Eq.(8)

The conductive resistance of the microstructured layer, R2, can be expressed as

R2 =

d2
d2
=
k2 εk N + (1 − ε )k1

Eq.(9)

The microstructured layer is made from silicon and liquid nitrogen. Its thermal conductivity could be calculated
by the spatial mean. The evaporation heat resistance of liquid nitrogen, R3, can be expressed as,

R3 =

1
h

Eq.(10)

The conductive resistance of the cells suspension, R4, can be expressed as

R4 =

d3
2 k3

Eq.(11)

Combining Eqs. (7-11), the evaporation heat transfer coefficient of liquid nitrogen, h, can be obtained as

h=

1
[T ( t ) − ( −196 )]ts d1
d
d2
− −
− 3
mC p [T ( t − 1) − T ( t )] k1  k N + (1 −  )k1 2k3
4.

Eq. (12)

RESULTS AND DISCUSSION

The contrast tests of the cryopreservation practicability of hamster ovary cells using the equilibrium freezing
method, the open pulled straws vitrification method(OPS method), and the vitrification method based on thin
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film evaporation(TFE method)are done. Fig.5 shows the survival rate of cells in the above three methods. The
cell viability of TFE method is highest and 82.9%. The open pulled straw vitrification method is 71.7%. The
equilibrium freezing method is 75%.This initially demonstrates the feasibility of thisnew vitrification method
based on thin film evaporation in cell freezing.
1.0

Cell Survival Rate

0.8

0.829

0.75

0.717

0.6
0.4
0.2
0.0

LOW

OPS

TFE

Cryoperservation Method

( LOW is the balance freezing method, TFE method is the vitrification method based on thin film evaporation,
OPS is the open pulled straw Vitrification method)
Figure 5: Survival rate of cells in three methods
The OPS method and the TFE method belong to vitrification freezing methods. The cooling rate in the freezing
procedure is a key for the survival rate of cells after freezing. The higher cooling rate can improve the survival
rate. Because intracellular and extracellular liquid changes ice in the temperature range of -60-0 ℃ , the
temperature range is a dangerous and key area for cells cryopreservation. Fig.6 shows the temperature
histories of the cells samples in the two vitrification methods when the temperature changes from 0℃ to -60℃
. The average cooling rate of the TFE method can reach 50059℃/min, while that of the OPS method is only
25200℃/min. The former is nearly twice as high as the latter.
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( TFE method is the vitrification method based on thin film evaporation, OPS is the open pulled straw
Vitrification method)
Figure 6: Temperature histories in two vitrification methods
From the view of heat transfer, the main reason for the lower cooling rate of the OPS method is the low heat
transfer coefficient of liquid nitrogen film boiling. The carrier (the straw) with cell suspension is directly plunged
into liquid nitrogen in this method. Film boiling takes place because of the huge temperature difference between
the carrier surface and the liquid nitrogen. The evaporation forms a “vapor blanket,” which acts as a heat-

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2842

insulation layer as shown in Fig.7. As a result, the evaporation heat transfer coefficient of liquid nitrogen is
limited due to the poor thermal conduction of the “vapor blanket”. However, liquid nitrogen only consists of the
microstructured surface of the freezing carrier in the TFE method, and the nitrogen vapor that is formed by
evaporation easily departs from the liquid-vapor interface, therefore, the “vapor blanket” is avoided. Besides,
Liquid nitrogen forms a thin film at a micro meter level due to the interaction of the capillary pressure and
disjoining pressure in the microstructured surface(Su et al., 2012). The heat transferred from the evaporating
surface is absorbed at the liquid-vapor interface by the latent heat of the liquid film and transferred through
heat conduction in the thin film to the vapor phase. Because the thickness of the evaporating thin film is very
thin, the total thermal resistance in the cooling procedure is very small. Fig. 8 shows the thermal resistances
of the two methods in the experiments. That of the TFE method is obviously lower than that of the OPS method.
Figures 8 and 9 shows the heat flux and the evaporation heat transfer coefficient of liquid nitrogen in the two
method. The abscissa of the two figures is the temperature of the frozen carrier, T. As previously analyzed,
the heat flux and the evaporation heat transfer coefficient of the TFE method are both higher obviously than
those of the OPS method. The heat flux of the TFE method decreases gradually with the temperature of the
frozen carrier decreasing. The average heat flux is 315291W/m2. However, that of the OPS method first
increases, then decreases. The average heat flux is 139387W/m2. The evaporation heat transfer coefficient of
the TFE method increases slightly with the temperature of the frozen carrier decreasing. The evaporation heat
transfer coefficient is 1965W/m2℃.The evaporation heat transfer coefficient of the OPS method first increases,
then decreases. The evaporation heat transfer coefficient is 904W/m 2℃.

Figure 7: Formation process of gas film during pool boiling of OPS cooling
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Figure 8: Heat flux in two vitrification method
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Figure 9 Evaporation heat transfer coefficient of liquid nitrogen in two vitrification methods

5.

CONCLUSIONS

In this paper, the ultra-fast freezing method based on thin film evaporation was used for the vitrification freezing
of hamster ovary cells, and compared with the equilibrium freezing method and the open pulled straw
vitrification method. At the same time, the mechanism for the improvement of the cooling rate in the thin film
evaporation method was analysed in detail from the view of heat transfer. Two major conclusions can be drawn
from the experimental results:
1. The cell vitrification method utilizing thin film evaporation can greatly improve the cooling rate, and obtain
higher cell survival rate. This initially demonstrates the feasibility of this method in the cell vitrification process.
2. Thin film evaporation of liquid nitrogen on the micro-structured surface of the frozen carrier avoids forming
of “vapor blanket”, and achieves the higher evaporation heat transfer coefficient than that of film boiling.
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Cp
d2
h
k2
kN
N1
Q
RS
R1
R3
s
t

specific heat capacity of silicon,
J/kg°C
thickness of microstructured layer, m
evaporation heat transfer coefficient,
W/m2 °C
conductivity of microstructured layer,
W/m°C
conductivity of liquid nitrogen, W/m°C
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conductive resistance of silicon base,
m2°C/W
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evaporation heat transfer area, m 2
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thickness of silicon base, m

d3
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thickness of cell suspension, m
conductivity of silicon, W/m°C

k3

conductivity of cell suspension, W/m°C

m
N2
q
Rt
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mass of frozen carrier, kg
total number of all cells
heat flux, W/m 2
total heat resistance, m 2°C/W
conductive resistance of micro structured
layer, m 2°C/W
The conductive resistance of the cells
suspension, m2°C/W
Temperature, °C
proportion
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liquid
nitrogen
in
microstructured layer

R4
T
ε
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ABSTRACT
The aim of study was to evaluate the safety of heart valves cryopreservation in low-viscous
polydimethylsiloxane (PDMS). 15 porcine heart valves (mitral and aortic / 1.0 cm) and aortic
segments (2.0 cm) were cryopreserved in PDMS (1cSt, -75°C, 1L, temperature control) with stirring
(150 turns per minute) for 40 sec, and then thawed in the PDMS (5cSt, +24°C, 1L, 1 min). The
cryopreservation protocol was applied with speed of freezing and thawing close to 200°C/min without
cryoprotectants and LN2. The quality of cryopreservation was assessed by histological methods
(Orcein, Van Gieson, H&E). There were no critical differences between the valves and aortic
segments of experimental and control groups. Using of PDMS is feasible for instant cryopreservation
of vascular tissue for their implantation as homografts or biobanking with possible additional usage
of the inner hydrophilic covering of tissue to prevent hydrophobization.
Keywords: Vitrification, Ice-free cryopreservation, Polydimethylsiloxane, Porcine heart valves,
Porcine aortic segments
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1.

INTRODUCTION

Congestive heart failure is a leading cause of death worldwide. For many patients with that disease,
one of the main definitive treatment options is cardiac allotransplantation with a cryopreserved
homograft. Such replacement is a safe and desirable surgical option especially for high-risk patients
with infective endocarditis and aortic root abscess. Safety cryopreserved homograft with preserved
ECM components, elastin and collagen generally shows good hemodynamic performance and
reduced T-cell infiltration in the valve stroma (Sultan, 2018). But the main problem of homografts
using is their limitation by the number of donor tissues accessible by the local surgeon and lack of
appropriate modern protocols for instant cryopreservation of cadaveric vascular tissue to create
homografts.
The relevance of the research topic is related to the necessity of developing a new basic protocol of
cryopreservation and thawing of vascular tissues just after their retrieval from a donor for their further
implantation as homograft or biobanking. This protocol should be safe enough, simple and modifiable
by changing freezing/thawing rate for both single and bulk processing of tissues and their repeated
freezing. For this purpose, in the course of ongoing research (Lauk-Dubitsky, 2017; Lauk-Dubitsky,
2017; Lauk-Dubitsky, 2018), the polydimethylsiloxane (PDMS) was used as a basic cryopreservation
media with hydrophobic properties.

2.

CRYOPRESERVATION IN PDMS

Low-viscous polydimethylsiloxane (PDMS) is widely used as a coolant for medical and other
equipment, and ultra-viscous PDMS is used as a non-toxic media for hydrophobization, basic
compound to make bio-chips in microfluidics, and some medical drugs. PDMS used in current
research as heat and cold transfer fluid and non-penetrating protector is characterized by its high
hydrophobicity (contact angle 90-120°), low viscosity, high rate of evaporation, low pour point (‐
100°C), low VTC (viscosity change at temperature) and low surface tension. Its thermal conductivity
is 0.00024 cal/cm. sec. x10-4 °C, a coefficient of thermal expansion - 0,00134 К-1, flash point - 37°C,
pour point ‐100°C. Verification of PDMS coolant capabilities was performed in a previous work with
mathematical modelling in CFX Ansys 17.0 Academic software and tests with an electronic
thermometer (UT325 UNI-T, China, 6 values per second) fixed in the internal lumen of the iliac artery
segment, freezing rates were - from 35 °C/min in statics to ~155 °C / min and above with rotating
the vessel in PDMS at a speed of 150-200 RPM.
For the study 15 porcine hearts were isolated aseptically via thoracotomy from euthanized physically
healthy pigs (70-100 kg, 1-1.5 years of age, «German landrace» pigs; equal gender distribution),
they were acquired from a locally approved abattoir (Meat House, Pushkino city, MO) according to
EU Council Directive 93/119/EC on the protection of animals at the time of slaughter or killing. No
animals were sacrificed specifically for this study. Ethical approval was granted for this study by the
I.M. Sechenov First Moscow State Medical University. Ten minutes later after slaughter hearts (350450 g) were perfused with a heparinised 0.9% saline solution to clear residual blood and placed in a
cryo-container (+4 °C) for transportation to the pathoanatomical department of Pushkino Central
Hospital. All further actions were performed in a dissecting room on a sterilized table not later than
30 minutes after slaughter. Cadaveric hearts valves were used as controls.
All valves (mitral and aortic) and aortic specimens (n = 90 incl. native) were immediately excised
aseptically and dissected free as 1.0х1.0x0.1 cm for valvular and 2.0x0.5x0.2 cm – for thoracic ones;
then rinsed three times in cold phosphate-buffered saline (PBS; Lonza, Cologne, Germany).
Low-viscous PDMS-1 (PSF‐1cSt - Octamethyltrisiloxane, Clearco Products Co., Inc., USA) was used
as the cold-transfer fluid for freezing and PDMS-5 (PSF‐5cSt) as heat transfer fluid for thawing.
LogTag TREL-8 temperature sensor with a remote probe (LogTag records, USA) was used for
temperature control. Refrigeration chamber (Bychkov 2017) was used for PDMS preparing. For all
the valves cryopreservation was performed in a plastic container (2L) filled with PDMS-1 (-75°C, 1L)
and with carbon dioxide ice (757 g) out of its contour for thermal stability. Each valve was
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cryopreserved once by immersion in PDMS and rotation (140 turns per minute) for 40 seconds and
then immediately thawed in another plastic container (2L) filled with PDMS-5 (+30°C, 1L) for 1 min
with the same rotation. All thawed segments were washed in saline and fixed in 10% buffered
formalin for at least 24 hours for further transportation to the laboratory for histology tests with
comparing to control. Samples of valves were embedded in paraffin, sliced into 5 μm-thick sections
and stained with Hematoxylin and Eosin for histomorphology, with Orcein for elastic fibers and with
Van Gieson (EVG) to distinguish collagen fibers and to characterize the density and structure of
connective tissue and vascularity. Analysis of tissue microstructure was performed using routine
bright field microscopy (Olympus BX40, Olympus, Tokyo, Japan; with color camera AxioCam MRc,
Carl Zeiss, Jena, Germany). Sections of an untreated valve were also stained and served as a
positive control.
As a result, according to histological slides of cryopreserved valves and aortic segments in
comparison with control, no significant difference was observed at the light-optical level of
examination (Fig.1-4). All valves and segments were free from cracks or other gross and minor
damages after thawing, and this fact may indirectly indicate the safety of the cryopreservation
process in PDMS.

Figure 1: H&E staining of aorta (x200). A/C. Cryopreserved segment B/D. Native segment
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Figure 2: H&E staining of aortic valves with adjacent chordae (x200). A/C. Cryopreserved
valve B/D. Native valve

Figure 3: H&E staining of cryopreserved chordae of the
mitral valves (x200)
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Figure 4: H&E staining of mitral valves (x200). A/C. Cryopreserved valve B/D. Native valve
In particular, van Gieson staining has shown organisation in a layer-ordered collagen fibers, without
any signs of disruption, completely similar to the native ones (Fig.5); and Orcein staining – that elastic
fibers in valves appeared to be well-organized and distributed throughout the lamina (Fig.6). All fibers
show a general alignment in the circumferential direction, agreeing with the observed mechanical
anisotropy. Endothelium on surfaces of aorta and valves as well as in vasa vasorum and in
intervalvular vessels was preserved.

Figure 5: van Gieson staining of aortic segments (х100). A. Cryopreserved segment B.
Native segment
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Figure 6: Orcein staining of aortic segments (x100). A. Cryopreserved segment B. Native
segment

CONCLUSION
After the performance of the experiment we tested the cooling rate of cryopreservation processes
using mathematical modelling. Cooling and thawing of biological objects - heart valves and aortic
fragments was modelled in the CFX application in the Ansys 19.2 Academic software using the
iterative approximation method for calculating the equations of hydro and thermodynamics
(equations of continuity, Navier-Stokes and thermal conductivity) and given thermal properties of
biological objects and PDMS. According to the modelling biological objects were cooled to -50 ºС for
6 s (~900ºС/min, the cooling rate is close to vitrification standard) and heated to 0 ºС for 5 s (~
900ºС/min). In the future, this approach should be tested for larger samples.
As mentioned before there were no significant differences in ultrastructure between control valves
and valves cryopreserved in PDMS indicating the prospects of polydimethylsiloxane using as a cold
and heat transfer agent with hydrophobic properties mainly because of achievable and controllable
cooling rate of biological tissues for volumes over 50 ml, that can reduce intracellular and
extracellular ice formation without osmotic shifts, which is considered to be fundamental to all
cryoinjuries.
The cooling and thawing rate close to vitrification, uniformity, ultra-high heat transfer coefficient
without effect similar to film boiling of LN on an outer layer of biological tissue achieved during the
protocol is based on a direct contact of the vascular tissue with hydrophobic PDMS from the outside
and the inside, which positively affects the rate of cooling and heating and reduces the risks of
cracking, also reducing the intensity of the negative mechanical effect on the vascular tissue during
heat exchange processes. In the future, it is necessary to carry out experimental and calculated
verification using the following approaches (Dombrovsky 2015, Zhang 2017, Katyba 2018).
The problem of the inevitable formation of a hydrophobic film on the valves and its possible
delamination during thawing can be solved by using a hydrogel water-soluble coating based on a
crosslinked copolymer of chitosan, collagen and hyaluronic acid. Hydrogel coating forms an
adhesive thin film with high thermal conductivity, which additionally allows equalizing temperature
gradients.
In summary, we developed an approach of using of low-viscous PDMS for intensive one-stage
cryopreservation which provides uniform and rapid freezing. Hydrophobic properties of PDMS allow
reducing the negative effect of crystallization during cooling and recrystallisation effect during
thawing. The wide possibilities for choosing the cooling and thawing rates, as well as the
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compatibility with penetrating cryo-protectors make PDMS based protocol suitable for further
modification for the preservation of the cellular component in the biological tissues, both native and
tissue-engineered.
The computational model and the gauze wrapping technology developed in this study may be
valuable to facilitate cell cryopreservation by vitrification with negligible ice formation.

NOMENCLATURE
cSt
L

LN

H&E

santistocks (kPa)
litre
liquid nitrogen
Hematoxylin and eosin staining
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ABSTRACT
This study is aimed at evaluating the performance of proline as a green protectant in
cryopreservation. The freezing temperatures of four kinds of cryoprotectants were compared with
the one of proline by DSC tests, and four kinds of composite cryoprotectants based on proline also
presented a contrast. Then, four groups of living ants have implemented the freezing experiments,
the ants fed by the higher concentration of proline held the higher survival rate after freezing. Also,
the results indicated that proline was provided with the stronger anti-icing effect and could
significantly improve ants' freezing inhibition ability. This work would provide useful experience for
cryopreservation solutions in vivo of microorganisms.
Keywords: Cryopreservation, Proline, Differential Scanning.

1. INTRODUCTION
Cryopreservation, as clinical practice has shown, is the only feasible way of biomaterials' long-term
preservation. This low temperature conservation technology focuses on to investigate the damage
discipline of cells, tissues or organisms at low-temperature, especially the crystallization of
intracellular and external water during freezing process(Hua and Ren 1994, Liu 2007).
Polge et al. (1949) found that the sperm could be cryopreserved in glycerol solution without death.
Since then, cryopreservation technology has been dramatically developed with the research and
exploration more than half a century. In the 1960s to 1980s, the cryopreservation of blood cells,
cattle and sheep embryos, and islet cells were achieved step by step (Zhang and Zhou 2007). And
researchers have achieved a long-term cryopreservation of most cells successfully, such as sperm,
oocytes, human bone marrow mesenchymal stem cells, and hepatocytes(Broxmeyer et al. 1989;
Fuller et al. 2013; Gaucher et al. 2012; Liu et al. 2010; Pallotta et al. 2012; Justice and Christensen
2013). Some progress has also been made in short-term cryopreservation of complex tissues and
organs, like skin, cornea, ovaries, liver, and kidneys (Hua and Ren, 1994; Liu and Liu 1993). To date,
cryopreservation technology has been widely used in many fields, including food sciences, medicine,
biology, etc.
However, for slightly complicated cells, the most advanced cryogenic cryopreservation technology
is even difficult to guarantee a 100% successful cryopreservation rate, not to mention achieving
cryopreservation of tiny life, such as ants which is non-cold-resistant. By Contrast, many lives can
survive in low-temperature environments in nature. For example, Antarctic nematodes can maintain
their vital activity after rewarming from freezing with 82% body water frozen (Raymond and Wharton
2013). Alaska wood frog can endure a two-month freezing period at -4 °C (Costanzo et al. 2015).
Are there some particular anti-icing substances in their bodies?
As an attempt, the researchers fed a proline-rich food to the larvae of Chymomyza crostatas in the
Arctic and the larvae of cold-sensitive Drosophila melanogasters in the tropics, in order to enhance
the proline content in the bodies before cryopreservation. The results showed that both the two kinds
of larvae could survive from frozen after rewarming, even produce normal offspring (Kostál et al.
2012; Vladimír et al. 2011). It seems that proline acts as a cryoprotectant (CPAs).
Withers and King (1979) preserved corn cells successfully with a 10% (w.v-1) proline solution. It was
the first-time that proline employed as a cryo-protectant. Some studies on proline cryopreservation
have achieved some progress. Sánchez-Partida et al. (1998) preserved goat sperm using a 27 mM
proline solution. Denise et al. (2011) preserved human stem cells with 1% (w.v-1) proline in
combination with 10% (w.v-1) of ectoin. In the same period, Kostál et al. (2012) and Vladimír et al.
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(2011) demonstrated that proline could be used as a cryoprotectant by the study of the two species
of cold tolerance flies directly. Further, research showed that the addition of proline reduced the
concentration of DMSO from 10% to 2.5 % in human endothelial cell cryopreservation (Sun et al.
2012). Zhang et al. (2016) found that proline can protect mitochondrial function and increase the
revitalization rate of vitrified cryopreserved oocytes. It indicates that proline can be used as a novel
cryoprotectant for vitrification of mouse oocytes.
In this paper, the advantages of proline as a cryoprotectant in vivo was clarified by comparison with
other cryoprotectants. Then, the feasibility of proline as a cryoprotectant was demonstrated by in
vivo experiments based on ants.

2. METHODS AND MATERIALS
2.1.

Freezing Temperature Analysis Experiment of Cryoprotectant Based on DCS Test

The formation of ice crystal nucleus depends on thermal factors, and its growth/extension is
dependent on kinetic factors. The temperature of the liquid must be cooled to a temperature Ts,
below the Tf (solution equilibrium freezing point), so that the liquid could change from liquid phase
to solid spontaneously. Also, Ts is so-called freezing temperature (Hua and Ren 1994).
The freezing temperature, to a certain extent, reflects the inhibitory effect of the cryoprotectant on
the nucleation and growth of the ice crystal in the solution.
The cryoprotectant solution reduces the damage of intracellular icing by helping cells to ooze water
out before freezing. The lower freezing temperature of the cryoprotectant solution indicates the
harder to freeze and the stronger low-temperature protection ability— instead, the more easily to
freeze and the weaker protection ability.
In following, the potentiality of proline was investigated where proline acted as a low-temperature
cryoprotectant. Proline was compared with four common cryoprotectants: Trehalose, Sucrose,
Glucose, and DMSO by DSC test. Further, proline was mixed with Glucose, Sucrose and Trehalose
solution separately, and three composite cryoprotectants were prepared. The ice-suppressing ability
of these three solutions would also be evaluated. As it is known that, during the freezing process of
an organism, the low-temperature protection effect of cryoprotectant is not the result of a single
substance action, and the combination of green cryoprotectants would reduce the toxicity of a single
cryoprotectant.
The reagents of Proline, Trehalose, Sucrose, Glucose, DMSO solution in this study are provided by
the Beijing Chemical Reagent Company.
The variation of the sample’s temperature in DSC equipment sets up as below:
a) set the initial temperature to 30 ° C, the temperature difference between the device and the sample
reduces to 1.7 °C, the subsequent procedure will carry out automatically.
b) Cooling the temperature of the sample from 30°C to 20°C with a rate of 10°C.min-1.
c) Maintain a constant temperature at 20°C for 5 minutes.
d) Cooling the temperature of the sample from 20°C to -150°C with a rate of 10°C.min-1.
e) Maintain a constant temperature at -150 °C for 5 minutes.
f) Raising the temperature of the sample from -150°C to 20°C with a rate of 10°C.min-1.
g) Maintain a constant temperature at 20 °C for 5 minutes;
The software of DSC equipment will record the data such as the temperature of the sample, time
and heat flow data, automatically.
2.1.1 Anti-icing effect of different single cryoprotectants:
Dissolve 100 mg.mL-1 mixture of proline, trehalose, sucrose, glucose, and DMSO with phosphate
buffer solution (PBS)separately, and take 12 mg of each solution for thermal analysis on DSC 200
F3 differential scanning calorimeter. The freezing temperature of cryoprotectant would be evaluated.
2.1.2 Anti-icing effect of composite cryoprotectants:
Composite cryoprotectants would be prepared with two steps: mixing proline with a cryoprotectant
by a mass ratio of 1:1and dissolving the mixture in the phosphate buffer solution (PBS) at a
concentration of 100 mg.mL-1. In this test, four kinds of samples will be used: proline-PBS solution
(abbreviated as PP solution below), Glucose-proline-PBS solution (abbreviated as GP solution
below), Sucrose-proline-PBS solution (abbreviated as SP solution below) and Trehalose-prolinePBS solution(abbreviated as TP solution below).
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2.2.

Carpenter Ants Freezing-Rewarming Experiment in Vivo

The experiment used artificially fed carpenter ants as the research object. Ants are divided into four
groups randomly and fed with different feed diets. Three kinds of proline-enriched diets were
prepared by mixing proline with a standard diet (a mixture of agar and honey water). For example,
the diet for Group Pro10 is prepared by mixing 10 mg proline with 90 mg agar powder and 900 mg
honey water. Table 1 shows the proline content in the diet for each group of ants and the mixing
ratio of various substances. All ants were housed in 2000 mL beakers and fed twice a day in the
morning and evening for five days.
Table 1. Proline content in diets of different groups

Group name
Proline content in each
group diet Cpro
mixing ratio
(proline: agar powder:
honey water)

Pro 0

Pro10

Pro 20

Pro 30

0 mg.g-1

10 mg.g-1

20 mg.g-1

30 mg.g-1

20 mg :80 mg:
900 mg

30 mg :70 mg:
900 mg

0 mg :100 mg: 10 mg :90
900 mg
mg: 900 mg

The experiment is implemented by the Advatntage Series freeze dryer. A certain number of ants
were placed in a plastic petri dish and placed in freeze dryer which would perform freezing and
rewarming process according to a set temperature program. The Agilent 34902A data acquisition
system was used to collect the temperature variation of ants during the experiment.
In the experiment, each group of ants would be cooled down to -25 °C as a rate of 0.021 °C per
minute and stay at -25 ° C for an hour, then be rewarmed at 18 °C in the next 24 hours. Fig. 1
illustrates the experimental process.

Figure 1: Sketch map of carpenter ants freezing-rewarming experiment in vivo

3. RESULTS AND DISCUSSION
3.1.

Freezing Temperature Analysis Experiment of Cryoprotectant based on DCS Test

3.1.1 Anti-icing effect of different single cryoprotectants
To confirm the superior icing-inhibition of proline, proline and various typical cryoprotectants were
detected by DSC test. Also, the freezing temperatures obtained were compared. PBS was employed
as a solvent to simulate the ants’ body fluid environment. DMSO, glucose, sucrose, trehalose, and
proline was dissolved in PBS at the same concentration separately. Fig. 2 shows a typical DSC curve
for 100 mg.mL-1 DMSO, Glucose, Sucrose, Trehalose, Proline in PBS.
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Figure 2 Typical DSC curve of cryoprotectant in PBS solution (100 mg.mL -1). The temperature varies
during the freezing and rewarming process. D stands for DMSO solution, P stands for proline
solution, T stands for trehalose solution, G stands for glucose solution, and S stands for sucrose
solution

The freezing temperatures of glucose, sucrose, and trehalose in PBS were -19.5 °C, -15.2 °C, 17.7 °C, respectively, which was significantly higher than -20.9 °C for proline and -22.4 °C for DMSO.
That means proline holds the stronger ability to inhibit ice crystal formation than Sucrose, Glucose,
Trehalose, but weaker than DMSO. However, from the perspective of adding a single cryoprotectant,
proline would be a suitable candidate cryoprotectant to cryopreservation in vivo, for DMSO is toxic
to organisms.
3.1.2 Anti-icing effect of composite cryoprotectants
The mixed cryoprotectants based on proline were used to verify the anti-icing performance of proline.
As shown in Fig. 3, the freezing temperatures of GP solution, SP solution and TP solution were 20.4 °C, -15.3 °C, -18.7 °C, respectively, which are significantly higher than -20.9 ° C of PP solution.
The freezing temperature of PP solution is the lowest among all four solutions. This result proved
that PP solution is provided with the much stronger Anti-ice crystal nucleation ability than the other
three composite cryoprotectants. It also indicated that proline was the better cryoprotectant for
cryopreservation in vivo.
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Figure3: Typical DSC curves of various mixed cryoprotectant with PBS solution (100 mg.mL -1) during
the temperature rise and fall process. PP stands for proline-PBS solution, TP stands for trehalosePBS solution, GP stands for glucose-PBS solution, and SP stands for sucrose-PBS solution

3.2.

Effect of Proline Concentration on Ant Survival Rate

According to the concentration of proline fed, ants were divided into four groups, namely 10 mg.g-1
(Pro 10 group), 20 mg.g-1 (Pro 20 group), 30 mg.g-1 (Pro 30 group), 0 mg.g-1 (Pro 0, control group).
For each group, the experiment would repeat three times by ants samples fed, in other words, the
freezing and rewarming process would be implemented by three parallel groups of ants.
Fig. 4 illustrates that the ants fed with proline will have a higher survival rate, and proline has a
significant effect on improving the freezing tolerance of ants. As the concentration of proline fed
increases, the survival rate of ants raised from 37.5% in Pro0 group to 83.889% in the Pro30 group.
The survival rate increased considerably, and the data is believable statistically (p<0.01). Thus, it
can be inferred that the increase in proline content has a significant effect on improving the freezing
tolerance of ants.

Figure 4: The ants survive rate of four group with different proline feeding concentrations
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4. CONCLUSIONS
In this paper, the cryopreserved potential of proline was evaluated by comparing with four traditional
cryogenic cryoprotectants. DSC test results show that proline is more suitable in cryopreservation in
vivo than Trehalose, Sucrose, Glucose, and DMSO. Then the survival rate of ants with various
proline content were statistics after a subject freezing and rewarming process. The ants fed with 30
mg.g-1 mixed diet held the highest survival rate, this indicates that the anti-freezing ability of ants
increases with the proline content raise of ants. All the pieces of evidence proved that the increase
of proline concentration can improve the ant's low-temperature resistance and help the ants survive
in the low temperature. All work is expected to provide more inspiration for cryogenic
cryopreservation technology.
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more  and  more  device  manufacturers.  However,  although  more  and  more  studies  are  published  on  
WBC   and   PBC,   the   two   technologies   are   not   always   well   demarcated   in   the   literature.   In   several  
articles,  the  technology  used  is  not  indicated.  It  is  very  important  because  it  appears  that  these  two  
technologies  have  different  effects  on  human.  In  this  context,  it  is  difficult  to  standardized  precisely  
the   exposure   protocols   according   to   the   desired   effects.   The   aim   of   this   study   is   to   compare   the  
effects  of  a  3-min  exposure  in  WBC  and  in  a  PBC  on  skin  temperature  variation.  
Skin  temperature  of  four  healthy  men  was  measured  5  minutes  before,  immediately  after  (post  10  s)  
and  within  5  minutes  after  the  exposure  with  a  VarioCAM®  hr  head  thermal  camera  (Jenoptik,  Jena,  
Germany)  and  connected  to  the  IRBIS3®  Infratec  software.  
The  whole-body  mean  temperatures  after  exposure  are  significantly  different  (p  =  0.001)  between  
the   cryotherapy   technologies   (PBC:   23.17   ±   0,35   °C;;   WBC:   26.70   ±   0.49   °C).   The   temperature  
decrease  after  WBC  session  was  -24.17  ±  1.67  %  and  after  PBC  exposure  -15,03  ±  0,74  %.  The  
skin  temperature  variation  of  upper  and  lower  limb  had  the  same  results.  The  decrease  was  higher  
with  WBC  than  PBC.  
These  results  highlight  the  interest  of  adapting  exposure  protocols.  It  demonstrates  the  interest  of  
adapting  the  duration  of  exposure  in  function  of  the  cryotherapy  device  used.  
  

1.   INTRODUCTION  

Whole-  (WBC)  and  partial-body  cryotherapy  (PBC)  are  today  highly  developed  treatment  methods  
used  in  several  domains  like  pain  relief,  sport  recovery  and  well-being.  These  methods  consist  of  
exposing  a  person  to  a  very  intense  cold  (-40  °C  to  -195  °C  depending  on  the  manufacturer)  for  a  
short  time  (2  to  4  minutes).  It  was  invented  in  1979  by  Professor  Yamauchi  and  was  later  developed  
in  Europe  by  Professors  Fricke  and  Zagrobelny  in  the  1980’s  and  1990’s.  It  was  first  used  to  relieve  
rheumatic   and   inflammatory   pain,   and   now   to   accelerate   sports   recovery   (Bouzigon   et   al,   2016).  
Expositions  are  performed  in  underwear  with  protections  at  the  ends  of  the  body  (gloves,  slippers,  
headband  covering  the  ears  and  mask  covering  the  mouth  and  nose).  Chambers  can  be  composed  
of   one   to   three   pieces   with   different   temperatures   (e.g.   -10,   -60   and   -110   °C   according   to   the  
manufacturers).    
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There  are  two  types  of  technology:  WBC  (5  European  and  1  Asian  manufacturers)  and  partial  body  
cryotherapy  (PBC)  (more  than  a  dozen  manufacturers  around  the  world).  The  difference  between  
these  two  technologies  is  the  cold  exposure  method.  WBC  chambers  allow  to  be  fully  exposed  with  
electrically  cooled  chambers  or  with  nitrogen  (gas  between  -110  and  -195  °C)  flowing  through  the  
chamber   walls.   PBC   cabins   are   open   at   the   head   (“partial   body”)   because   cold   is   created   with   a  
direct  injection  of  nitrogen  into  the  cabin.    
The  known  effects  of  the  WBC  and  PBC,  in  link  with  sports  recovery,  are  multiple.  Exposures  reduce  
the   imbalance   of   the   pro-antioxidant   balance   by   neutralizing   the   production   of   free   radicals   and  
stimulating  the  activity  of  antioxidant  enzymes  (Lubkowska  et  al.,  2008  &  2010).  The  inflammatory  
syndrome  is  decrease  with  a  peripheral  vasoconstriction,  the  increase  in  anti-inflammatory  cytokine  
production   (IL-6,   IL-10,   IL-1ra)   and   the   decrease   in   pro-inflammatory   cytokine   and   marker  
concentration  (IL-1α,  IL-1β,  IL-2,  IL-8,  TNF  -α,  PGE2).  Exposition  also  have  an  analgesic  effect  to  
(Banfi   et   al,   2009   ;;   Pournot   et   al,   2011).   The   activity   of   the   autonomic   nervous   system   will   be  
increased,  resulting  in  a  decrease  of  the  heart  rate  (Hausswirth  et  al.,  2013).  Finally,  it  has  been  
demonstrated  that  exposures  allows  the  improvement  of  well-being  and  quality  of  sleep  (Schaal  et  
al.,  2014,  Douzi  et  al.  2018,  Bouzigon  et  al.  2014).    
However,  although  more  and  more  studies  are  published  on  WBC  and  PBC,  the  two  technologies  
are   not   always   well   demarcated   in   the   literature.   In   several   articles,   the   technology   used   is   not  
indicated.  The  differentiation  between  the  two  terminologies  "WBC"  and  "PBC"  appeared  in  2011  
(Hausswirth  et  al.,  2011).  It  is  very  important  because  it  appears  that  these  two  technologies  have  
different   effects   on   human   (Bouzigon   et   al.,   2016;;   Hausswirth   et   al.,   2011;;   Louis   et   al.,   2015).  
Moreover,  the  difference  in  cold  production  between  technologies  probably  have  different  responses  
in   skin   temperature   variation.   The   decrease   in   skin   temperature   which   activated   the   skin  
thermoreceptors  is  the  basis  of  the  effects  of  WBC  and  PBC.  The  measure  of  the  skin  temperature  
variation   with   an   exposure   is   essential   to   assess   technological   efficiency   of   cryotherapy   device  
(Bouzigon   et   al.,   2017).   Local   analgesia   is   achieved   when   the   temperature   was   below   13.6   °C  
(Bugaj,  1975).  The  nerve  conduction  velocity  decreases  by  10%  when  the  skin  temperature  is  below  
12.5  °C  degrees  (McMeeken  et  al.,  1984)  and  metabolic  enzyme  activity  is  reduce  of  50%  when  the  
skin  temperature  is  between  10  and  11  °C  (Zachariassen,  1991).  
It   seems   interesting   to   measure   the   skin   temperature   variation   in   function   of   each   existing  
technology.  Thus  it  would  be  possible  to  obtain  a  frame  of  reference  in  skin  temperature  variations  
to  standardize  more  precisely  the  protocol  of  exposure.  The  beneficial  effects  could  be  optimized  
and   the   risks   of   accidents   decreased.   The   aim   of   this   study   is   to   compare   the   effects   of   a   3-min  
exposure  in  WBC  and  in  a  PBC  on  skin  temperature  variation.  The  validation  of  the  protocol  of  skin  
temperature  measurement  could  allow  its  used  with  the  others  cryotherapy  technologies.
2.   METHOD  
2.1.  

Study  design  

This   study   was   performed   in   France.   The   aim   was   the   assessment   of   skin   temperature   variation  
between  before  and  after  a  3-min  WBC  and  PBC  exposures.  Skin  temperature  was  assessed  during  
5  minutes  before  and  during  5  minutes  immediately  after  exposure  in  the  same  position.  The  mean  
temperature  of  the  different  rooms,  during  the  investigations  of  the  skin  temperature,  was  18,2  ±  0,4  
°C,  and  the  mean  hygrometry  was  42,5  ±  10,6  %.  The  investigations  were  performed  at  the  same  
hour  (between  10:30  am  and  12:00  am)  of  the  day  for  each  subject  and  for  each  technology  tested  
to  limit  bias  induced  by  the  chronobiological  variations  of  body  temperature.  
2.2.  

Cryotherapy  devices  

In  this  study,  two  types  of  cryotherapy  technologies  have  been  tested:  1)  a  WBC  chamber  based  on  
forced  convection  (model  Cryowind,  Aurore  Concept,  Noisiel,  France)  ;;  and  2)  a  PBC  cabin  based  
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on  nitrogen  sprayed  (model  Cryonext,  Cryoness,  Gliwice,  Poland)  (Figure  1).  The  WBC  chamber  
was  composed  of  two  chambers,  the  first  was  used  to  dry  air  and  to  isolate  the  second  chamber.  
The  second  chamber  was  the  main  exposure  compartment.  In  the  two  chambers,  two  fans  combined  
with  cold  temperature  allowed  even  colder  conditions.  In  the  PBC  cabin,  the  cooling  system  is  based  
on  nitrogen  injection  directly  inside  the  compartment.  

  
Figure  1:  Left:  WBC  chamber  ;;  Right:  PBC  cabin  
2.3.  

  

Participants  

Four  healthy  men  (Age:  25,0  ±  4,0  years  ;;  Height:  175,5  ±  4,8  cm  ;;  Weight:  72,5  ±  7,7  kg  ;;  BMI:  23,5  
  
±  1,5  kg/m2 ;;  Bodyfat:  13,6  ±  1,0  %)  participated  in  this  study.  Body  fat  percentage  was  assessed  
using  the  sum  of  skinfold  measures  (biceps,  triceps,  subscapular  and  supra-iliac)  with  a  Harpenden  
skinfold  calliper.  All  of  the  participants  volunteered  and  signed  a  statement  of  informed  consent  at  
their  enrolment.  They  didn’t  present  any  contraindications  for  the  use  of  cryotherapy  technologies.  
The   study   was   conducted   in   professional   cryotherapy   centres   with   certified   technologies,   and   in  
accordance  with  the  Declaration  of  Helsinki  (2001).    
2.4.  

Exposure  protocol  

For  the  WBC  technology,  subjects  were  exposed  30  seconds  at  -24  °C  in  the  first  chamber  and  then  
3  minutes  at  -48  °C  in  the  main  chamber.  For  the  PBC  technology  subjects  were  exposed  during  3  
minutes  at  -190  °C.  The  temperatures  which  is  mentioned  are  those  indicated  on  the  devices.  For  
each  technology  the  time  to  exposure  was  standardized  at  3  minutes.  It’s  the  most  common  time  to  
exposure  which  is  used  on  scientific  literature  for  WBC  and  PBC  (Bouzigon  2016).  During  all  the  
duration  of  exposure,  subjects  had  to  turn  on  themselves.  During  the  two  exposures,  subjects  wore  
briefs,  gloves,  socks  and  slippers.  In  addition,  for  the  WBC  technology,  subjects  wore  a  headband  
over  their  ears  and  a  surgical  mask.  For  the  PBC  technology,  subjects  didn’t  need  to  wear  these  
protections  because  the  head  is  outside  of  the  cryotherapy  compartment.  At  the  end  of  the  exposure,  
they  had  to  leave  the  chamber  within  10  seconds  and  were  instructed  not  to  rub  their  skin.  They  
removed   quickly   their   protections   and   situated   themselves   in   the   same   position   as   before   the  
exposure.  
2.5.  

Measurements  

Skin  temperature  was  measured  5  minutes  before,  immediately  after  (post  10  s)  and  within  5  minutes  
after   the   exposure   with   a   VarioCAM®   hr   head   thermal   camera   (Jenoptik,   Jena,   Germany)   and  
connected  to  the  IRBIS3®  Infratec  software.  The  infrared  thermal  camera  is  a  non-invasive  tool  for  
measuring   temperature   and   provides   the   surface   temperature   of   a   body.   Thermal   imaging   was  
considered   a   safe   and   suitable   method   for   monitoring   skin   temperature   during   and   after   a  
cryotherapy   treatment   at   both   clinical   and   sports   levels   (Matos   et   al.,   2015).   On   the   camera,   we  
installed  a  type  1  lens  with  a  focal  length  of  50  mm  (Infratec,  Infrared).  The  range  of  temperature  
measurement  of  the  VarioCAM®  hr  was  between  −40  °C  and  1200  °C  with  an  accuracy  of  ±  2%  in  
the   measurement   range.   The   radiometric   thermographic   system   was   based   on   an   uncooled  
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microbolometer  FPA  detector  at  640  ×  480  IR  pixels.  The  camera  spectral  range  was  between  7.5  
and  14  μm.  
Participants  were  instructed  to  stand  still  in  the  same  posture  before  and  after  the  exposure.  They  
were  instructed  to  stand  in  front  of  the  thermal  camera  with  palms  open  and  head  straight.  A  black  
sheet  was  placed  behind  the  subjects.  The  distance  between  the  camera  and  the  participants  was  
4.45  m  to  have  a  complete  vision  of  body  subject’s  (from  top  of  the  forehead  to  top  of  the  ankle).  
Thermal  captures  were  performed  every  10  seconds  before  and  after  the  exposure  during  5  minutes.  
The  measurement  zone  was  between  the  forehead  and  the  shinbone.  The  zones  of  interest  were  
the  right  and  left:  Shoulders,  chest,  arms,  forearms,  abdomen,  thighs  and  shinbones  (Figure  2).  The  
mean   skin   temperatures   corresponded   to   the   mean   values   calculated   from   all   these   zones.   To  
compare  evolution  to  mean  skin  temperatures  of  lower  limbs  and  upper  limbs  the  values  of  different  
zones  have  been  regrouped  (upper  limb:  Shoulders,  chest,  arms,  forearms  and  abdomen  ;;  lower  
limb:  Thighs  and  shinbones).  

Figure  2:  Measurement  zones  
2.6.  

Statistical  analysis  

The  statistical  program  used  was  SigmaPlot  12.0  Software  (Systat  Inc.,  San  Jose,  CA,  USA).  Results  
were  expressed  in  average  and  standard  deviation.  Skin  temperature  variation  according  to  the  time  
and  the  technologies  was  analyzed  with  a  two  way  analysis  of  the  variance  (ANOVA)  with  repeated  
measures.  Post-hoc  comparisons  were  realized  with  a  Holm-Sidak  statistical  test.  
3.   RESULTS  
ANOVA  statistical  test  with  repeated  measures  shows  several  results  in  terms  of  skin  temperature.  
The  whole  body  mean  temperatures  before  exposure  are  not  significantly  different  between  the  WBC  
and  PBC  session  (p>0.05).  Nevertheless,  the  whole  body  mean  temperatures  after  exposure  are  
significantly  different  (p  =  0.001)  between  the  cryotherapy  technologies  (23.17  ±  0,35  °C  vs  26.70  ±  
0.49  °C,  respectively).  Therefore,  the  temperature  decrease  after  WBC  session  was  -24.17  ±  1.67  
%  and  after  PBC  exposure  -15,03  ±  0,74  %.  The  evolution  of  whole-body  temperatures  during  all  
the  measures  (before  and  5  minutes  after  exposure)  according  to  cryotherapy  technologies  shows  
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significant  difference  (p<0.001).  The  comparison  of  the  technologies  effects  in  skin  temperature  by  
bout   of   duration   also   demonstrate   significant   differences   (Figure   3).   Whole-body   mean   skin  
temperature  was  lower  after  WBC  than  PBC.  

  
Figure  3:  Variation  of  whole-body  temperature  according  to  cryotherapy  technologies.  
(Significant  difference  between  technologies:  *  =  p<0,05  ;;  **  =  p<0,01)  
The  skin  temperature  variation  of  upper  and  lower  limb  had  the  same  results.  Effectively,  the  upper  
and  lower  limb  mean  temperatures  before  exposure  are  not  significantly  different  between  WBC  and  
PBC   session   (p>0.05).   Like   for   the   whole-body   mean   temperature,   WBC   allowed   a   better   skin  
temperature   decrease   than   PBC   (upper   body:  -24.74   ±   2,26   %   vs   -13.20   ±   0.22   %,   respectively;;  
Lower   body:   -28.79   ±   0.77   vs   -23.45   ±   2.90   %,   respectively).   There   was   a   significant   difference  
between  the  evolution  on  skin  temperature  in  upper  and  lower  limb  in  function  of  the  cryotherapy  
technologies  (p=0.001  and  p<0,05,  respectively).  To  finish,  the  comparison  of  technologies  effects  
in   skin   temperatures   by   bout   of   duration,   for   each   body   parts,   also   demonstrated   significant  
differences  (Figure  4  and  Figure  5).  

  
Figure  4:  Variation  of  upper  limb  temperature  according  to  cryotherapy  technologies.  
(Significant  difference  between  technologies:  **  =  p<0,01)  
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Figure  5:  Variation  of  lower  limb  temperature  according  to  cryotherapy  technologies.  
(Significant  difference  between  technologies:  **  =  p<0,01)  
With   descriptive   statistical   analysis,   thermal   discomfort   seemed   less   important   during   WBC   than  
PBC  (7,5  ±  0,4  UA  vs  8,1  ±  1,4UA,  respectively).  However,  participants  had  colder  sensation  in  WBC  
than  in  PBC  (-3,6  ±  0,5  UA  vs  -2,1  ±  0,3  UA,  respectively).  
4.   DISCUSSION  
The  aim  of  this  study  was  to  compare  skin  temperature  variation  after  a  3-min  exposure  on  two  types  
of  cryotherapy  technology.  
The  main  important  finding  of  this  study  is  the  difference  in  skin  temperature  decrease  between  the  
two   technologies.   After   a   3-min   of   exposure,   whole-body,   upper   limb   and   lower   limb   mean   skin  
temperature  had  a  greater  variation  with  WBC  than  with  PBC.  However,  the  exposure  temperature  
in  the  WBC  technology  (-48  °C)  were  higher  than  in  PBC  technology  (-190  °C).  It  seems  that  the  
body  heat  extraction  allows  by  the  forced  convection  is  more  effective  to  decrease  skin  temperature.  
On  the  other  hand,  WBC  chamber  allows  greater  body  exposition  and  maybe  a  better  homogeneity  
of   the   temperature   of   exposure.   Indeed,   the   open   cabin   of   PBC   lead   to   an   heterogeneity   of   the  
temperature  between  the  top  and  the  bottom  of  the  tank.  Cold  always  go  down  and  the  top  of  the  
cabin  is  warmer  than  the  bottom  during  exposure  (Savic  et  al.,  2014).  So,  the  WBC  technology  allow  
a  better  global  cooling  of  the  body  than  PBC,  especially  on  the  upper  limb.  
At  the  end  of  exposure  protocol,  the  mean  whole-body  skin  temperature  is  of  18  °C  for  WBC  and  of  
23  °C  for  PBC.  Focused  on  upper  limb,  the  mean  skin  temperature  after  exposure  protocol  is  of  17  
°C  for  WBC  and  24  °C  for  PBC.  Focused  on  lower  limb,  the  mean  skin  temperature  after  exposure  
protocol  is  of  14  °C  for  WBC  and  of  17  °C  for  PBC.  The  skin  temperature  decrease  after  WBC  could  
allow  to  trigger  some  known  physiological  responses,  specifically  on  the  lower  limb.  Indeed,  as  we  
see  on  some  works,  it’s  necessary  to  reach  skin  temperature  between  10  to  13,5  °C  to  trigger  some  
responses  like  analgesia,  decrease  of  the  nerve  conduction  velocity  and  of  the  reduction  of  metabolic  
enzyme  activity  (Bugaj,  1975;;  McMeeken  et  al.,  1984;;  Zachariassen,  1991).  For  PBC,  it  appears  that  
the   skin   temperature   achieved   is   not   enough   cold   to   allow   these   responses.   However,   we   must  
remain   cautious   because   the   temperature   inside   the   cabin   or   chamber   is   probably   colder   than  
outside.  It  is  important  to  precise  that  currently  we  don’t  know  the  targeted  skin  temperature  to  allow  
several   desired   effects.   Even   if   the   mean   skin   temperature   after   PBC   was   23°C,   lots   of   benefits  
heave  already  been  demonstrated  with  PBC  exposures  in  inflammatory  diseases,  in  sport  recovery  
and   in   sleep   quality   (Bouzigon   et   al.,   2014;;   Fonda   and   Sarabon,   2013;;   Hausswirth   et   al.,   2013;;  
Jastrzabek  et  al.,  2013).  
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These  results  highlight  the  interest  of  adapting  exposure  protocols.  Indeed,  it  seems  that  a  3-min  
WBC  exposure  is  more  effective  in  skin  temperature  variation  than  a  3-min  PBC  exposure.  Theses  
finding  demonstrate  the  interest  of  adapting  the  duration  of  exposure  in  function  of  the  cryotherapy  
device  used.  To  have  the  same  effects  in  both  devices,  it  may  be  necessary  to  have  a  longer  duration  
of  exposure  in  PBC.  This  finding  is  really  important  because  the  actual  temperature  given  by  the  
manufacturer  and  displayed  on  the  devices  could  suggest  that  PBC  induces  higher  variation  in  skin  
temperature  than  WBC  (-190  °C  vs  -48  °C  in  this  study,  respectively).  At  the  sight  of  these  data,  it  is  
now  essential  to  measure  the  actual  temperature  inside  each  devices  during  exposure.  
The  lack  of  measures  of  the  actual  temperatures  inside  the  two  technologies  is  a  limit  of  this  study.  
Planned   at   the   base,   they   could   not   be   performed   in   time.   The   temperatures   given   by   the  
manufacturers  displayed  in  the  devices  were  used.  But  these  temperatures  could  change  from  an  
exposition  to  another,  so  it  will  be  essential  to  measure  the  exposure  temperature  before  and  during  
each  exposure  protocol.  For  the  PBC,  it  will  be  interesting  to  measure  the  temperature  at  different  
levels  of  the  compartment  (level  of  lower  limbs,  level  of  the  abdomen,  level  of  upper  limbs)  to  check  
if   the   descent   of   nitrogen   induces   a   lower   temperature   at   the   bottom   of   the   compartment   in  
comparison  to  the  middle  and  the  upper  part  of  this  one.  Furthermore,  for  future  studies,  it  could  be  
interesting  to  assess  the  effects  of  these  two  types  of  technologies  (WBC  and  PBC)  on  the  internal  
temperature.  
5.   CONCLUSION  
To  conclude,  this  study  demonstrates  that  two  different  types  of  cryotherapy  technology  (WBC  and  
PBC)   have   not   the   same   effects   on   skin   temperature   variation.   These   findings   allow   to   have   first  
indications  concerning  the  adaptation  to  take  into  account  according  to  the  technology  used.  Now,  
it’s  essential  to  compare  all  the  WBC  and  PBC  technologies  which  exists  in  the  world  to  create  a  
frame  of  reference  in  skin  temperature  variation  between  pre  and  post  exposure  in  each  device.  
To  finish,  it  will  be  interesting  to  ask  the  question  of  the  division  of  technologies  according  to  the  
desired  effects.  Maybe  PBC  could  use  in  some  domains  (e.g.  sport  which  lower  limb  is  mainly  use,  
lower  limb  injuries,  ...)  and  WBC  in  other  domains  (e.g.  sport  which  whole-body  is  use,  pathologies,  
...).  
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ABSTRACT
Cold therapy or cryotherapy has long been used to relieve pain and inflammatory symptoms.
Nowadays, whole-body cryotherapy - an extreme cold therapy- which lasts 1-3 min, and given in a
cold room in which the air temperature maybe -110°C or less is also used.
Important series of data have been collected in the context of injury prevention, recovery after injuries
or surgery, recovery improvement after physical exercise in athletes and patients.
Cryotherapy/cryostimulation is also used as a complementary treatment in different kinds of chronic
disease patients, in patients having pain and/or inflammatory problems, and with subjects with
mobility difficulties. However, there are nowadays several reports expressing the absence of benefits
with the use of cryotherapy/cryostimulation and also safety problems.
The purpose of this work is to summarize what is really known on the effects of whole body
cryotherapy/cryostimulation, to present the main physiological mechanisms involved and to suggest
possible developments.
Keywords: Cryotherapy, Cryostimulation, Pain Relief, Recovery.

1. INTRODUCTION
Local cold therapy or cryotherapy has long been used to relieve pain and inflammatory symptoms
through cold-induced analgesia. Nowadays, whole-body cryotherapy (WBC) - an extreme cold
therapy- given in a cold room in which the air temperature maybe -110°C or less is also used where
subjects, wearing minimal clothing, are usually exposed during to 1-3 min. Former forms of WBC
consist in bathing in ice-cold water. Such practices are quite common in Northern countries where
seas, lakes and rivers freeze during the wintertime and are thought to be healthy through body
hardening and improving general well-being. Being regularly exposed briefly in the cold may also
bring benefits for patients suffering inflammation and pain in, for example, arthrosis, osteoarthritis,
fibromyalgia, respiratory tract infections and musculoskeletal pains (Bouzigon and al., 2016). Such
possible impacts have been suggested more than 20 years ago. Quite surprisingly, scientific
evidence have been release only few years ago concerning some of these items and important
series of data have been collected during the recent years in the context of injury prevention,
recovery after injuries or surgery, recovery improvement after physical exercise in athletes and
patients (e.g. physical exercise organised in rehabilitation centres). Cryotherapy/cryostimulation is
also used as a complementary treatment in different kinds of chronic disease patients, in patients
having pain and/or inflammatory problems, and with subjects with mobility difficulties (Bouzigon and
al., 2016). However, there are nowadays several reports expressing the absence of benefits with the
use of cryotherapy/cryostimulation and safety problems.
In this short review, we will present the main physiological mechanisms involved in cold-induced
adaptations, explain the peculiarities of the research performed in WBC and emphasize the
difficulties that we are facing, and suggest possible research developments.

2. MAIN SECTION
WBC is used both in healthy subjects and patients in two contexts: one per se as some kind of
treatment for well being and health improvement and/or after exercise for improving recovery.
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2.1.

Cold and Physiological Adaptations

When subjects are exposed to cold temperature, thermo-sensitive receptors located in skin and
internal organs are stimulated and send messages to the hypothalamic integrator in brain.
Depending of the stimulus intensity, circulatory adaptation (e.g. vasoconstriction) and shivering
occur.
During and after WBC exposure, the current view is the following: there is a strong stimulation of the
sympathetic system accompanied with the release of noradrenalin. Noradrenalin is known to have
an impact on pain and this may explain how WBC help in relieving pain symptoms. Other compounds
like endorphins may also have an impact. Also, it seems there is a decrease in the production of proinflammatory and oxidative substances whereas anti-inflammatory and anti-oxidative compounds
are produced in larger quantities. The vasoconstriction that is induced after cold exposure may have
effects in decreasing the amount of blood in and around muscles and in some organs, in decreasing
cell permeability and leaking, in diminishing fluid diffusion in interstitial space, in reducing oedema
development and in reducing inflammation. In the context of recovery after physical exercise, a WBC
exposure induces a lower muscle temperature that may decrease muscle enzyme activities,
metabolism, inflammation and secondary degradation after hypoxia (lowering ischemia/reperfusion
problems) that may help to recover (Bouzigon and al., 2016). A recent work also provided strong
evidence that an improved recovery through WBC could be linked to a better sleep quality the night
following the cold stimulus (Douzi and al., 2019).
2.2.

Peculiarities of the Research Performed in WBC

2.2.1. Lot of beliefs at the beginning and few scientific evidences but WBC succeeded to develop.
It has been believed for a very long time that WBC provides benefits concerning cold tolerance,
mood, sleep quality, coping with stress situations, pains and aches, lower respiratory infections,
health status and quality of life. Therefore WBC has been used to help patients suffering from
rheumatic diseases, fibromyalgia, arthritis, back disorders, psoriasis, depression, spasticity
diseases, sports injuries, and also has been used to help for recovery purposes after exercise.
Surprisingly, the evidences that WBC may provide such benefits are quite recent, mainly in the few
last years. For instance, the first evidence concerning the positive impact of WBC in depression have
been published in 2008 (Rymaszewska et al, 2008), in fibromyalgia and multiple sclerosis in 2013
(Bettoni et al, 2013; Miller et al., 2013), in low back pain in 2014 (Giemza et al, 2014), in sleep quality
in 2014 (Schaal et al, 2014; Bouzigon et al., 2014), in mental state and quality of life in 2014
(Szczepańska-Gieracha et al., 2014), in obesity in 2015 (Dulian et al, 2015), in ankylosing spondylitis
(Stanek, 2015), etc.
2.2.2. Difficulties for experimental research design
The main drawback in the research design for WBC studies is the absence of possibility for
organising double-blind experiments. However, some other problems are also present as many
biological factors may interact with short and long term cold-induced physiological adaptations.
Among others, body size, BSA/mass-ratio, fatness, physical fitness, gender, age, state of cold
adaptation, health status have been shown to be important factors (Bouzigon and al., 2016;
Bouzigon and al., 2018). Therefore, due to this very large inter-individual biological variation it is
more difficult to find out statistical significance due to WBC impact in a series of data unless using
very stringent inclusion criteria and recruiting large number of volunteers. Globally, in the scientific
literature there are many studies with limited number of subjects, some have problems with
procedure standardization, too often a control group is missing. Altogether, in the literature results
are too often at variance.
2.3.

Results are Sometimes at Variance but Meta-Analyses may help

Though many studies have shown positive impacts of WBC, there are quite often reports expressing
that WBC is of no use or even detrimental (Krueger et al., 2019; Peake, 2017). It is therefore
complicated to have a clear picture on the real impact of WBC. A way to solve the problem is the
use of meta-analysis when sufficient amount of data is available and rather similar investigations
have been conducted (even though meta-analysis also have drawbacks). Recently, we were able to
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show that WBC has a significant impact on lowering delayed onset muscle soreness after physical
exercise (Dupuy et al, 2018) and a positive impact on rheumatic diseases (Guillot et al, 2014).
2.4.

Safety Issues

There are subjects that seem to be at risk and who should retain from using WBC until evidence of
limited risks is provided. For instance, subjects with serious hypertension, serious cardiopathies,
cold allergy, Raynaud syndroma, drepanocytose, cryoglobulinemia, claustrophobia, skin problems,
frostbites, severe hypothyroid disease should not be exposed to WBC. In some countries, medical
checking of the subjects that are going to be exposed is compulsory and in some other countries
such checking is not. Also, blood pressure is sometimes measured but there are no agreements on
the cut-off values for allowing subjects to go or not to go to the chamber. In Poland, the cut-off value
has been rather strict and subjects over a systolic blood pressure of 140 mmHg are not allowed to
be exposed. Protocols should be defined and validated for limiting the risks of health problems during
and after exposure. There has been, unfortunately, few cases where significant health problems
occurred during and after the exposure (Cámara-Lemarroy et al, 2017; Carrard et al., 2017;
Greenwald et al., 2018).

3. CONCLUSIONS AND PERSPECTIVES
Basically, we need more data. One of our problem is the diversity of the cold chambers we use, the
different protocols we use, the different kind of subjects we study. The difficulties we have is to
compare data obtained from sometimes very different circumstances. Some works concerning the
temperature that is obtained with the different chambers should be organised (with and without the
subject inside the device), some studies concerning dose effect of the stimulation(s) should be
conducted, the effects of one vs a series of cryostimulation should be compared, safety issues
should also be addressed. Optimal protocol should be defined depending of the treatment desired
effect and the subject characteristics (age, gender, body-mass index, etc). These issues are quite
urgent and are in the list of tasks we need to handle effectively in the very near future.
Several recent publications expressed that whole body cryotherapy is of no use or even detrimental.
Reporting such information is correct only if the design of the work, the statistical approach, the
statistical power, and the interpretation are also correct. Unfortunately, this is not always the case.
Maybe we should be more active in smoothing the conclusion of those publications in providing polite
but smart comments.
Nowadays, in Pubmed the number of papers concerning whole-body cryotherapy or cryostimulation
is around 600. This number is globally quite low but interestingly one third of the articles have been
published in the five past years reflecting growing understanding of the importance of the field. The
community interested in cryotherapy or cryostimulation is clearly developing. Through this congress
and through the International Institute of Refrigeration Working Group on Whole body cryotherapy
we are starting to know each other a bit better. This may help in solving some issues for instance by
stimulating collaborative works, enabling the development of multi centric investigations, sharing
similar investigation material, etc. In that context we should be able to conduct studies with a higher
number of subjects, with fine design and statistical approach, with appropriate and unassailable
interpretation, and to reach publications with respected impacts (scientifically and in the media). Our
work is of importance and present interest both for basic and applied research. The applications that
may stem from this research may also have practical impacts for the health and the recovery of many
subjects and patients.
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ABSTRACT
Currently, people are living longer and healthier than in the past and therefore, the prevention
of illnesses is playing an ever-larger part in medicine. Intervention to protect people from longterm diseases is crucial topic in current medicine. Although a decline in quality of life and health
status of older people might seem normal, there is an ongoing debate about where healthy
ageing ends and disease begins. The idea of maintaining people’s wellbeing rather than
reacting to the symptoms is a key point of preventive medicine. The rehabilitation in the future
should be definitely oriented towards new priorities and re-organization to meet demands of
the growing population of neurological patients. New health policy should be implemented
immediately in order to develop modern neuro-rehabilitation medicine. Whole-body
cryostimulation (WBC), is becoming more and more popular not only in sports but also in
clinical applications. Therefore, the aim of this presentation was to review the current state of
knowledge about potential using WBC in medicine.
.
Keywords: Whole-Body Cryostimulation, Neurorehabilitation, Multiple Sclerosis, Neurology.

1. INTRODUCTION
Nowadays, life expectancy is much higher than ever before, but still the main cause
of morbidity and mortality all over the world are noncommunicable diseases (NCDs), also
called chronic or lifestyle diseases. In the group of NCDs there are heart diseases, stroke,
cancer, diabetes, lung disease and neurodegenerative diseases. This is not only a medical
problem but also very high cost from an economic point of view. One of the key reasons
of this situation is reduced physical activity due to widely available means of transport and
mechanization of labor. Regular physical activity is crucial to maintain a healthy weight, reduce
the risk of stroke, type 2 diabetes, colon and breast cancer, osteoporotic fractures,
osteoarthritis, depression, and neurodegenerative diseases. The medical system in most
of countries is still focused on treating diseases and not preventing them or promoting wellness
in the first place. Prevalence of NCDs is constantly growing. Therefore, the World Health
Organization (WHO) and the Centers for Disease Control and Prevention (CDC) have labeled
lifestyle diseases both epidemic and pandemic. However, the WHO definition
of health was created in 1940s as: “a state of complete physical, mental and social well-being
and not merely the absence of disease.” On the other hand wellness is defined as
“the sense that one is living in a manner that permits the experience of consistent, balanced
growth in the physical, spiritual, emotional, intellectual, social, and psychological dimensions
of human existence.”
There is the need to find effective tool that can be use as safe procedure to enhance our
physiological functioning especially in the group of older people.
The standard treatment of most diseases are medications, yet not all of the patients respond
to them positively. In such cases, alternative, non-pharmalogical forms of therapy have found
their application. When standard treatment is no longer effective, a place for holistic therapies

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2872

with low risk of side-effect therapies occurs. There are many additional therapies used in
medicine and rehabilitation with positive outcomes and one of them is cryotherapy, which is
becoming more and more popular in sports and rehabilitation.

2. LOW TEMPERATURES AND ITS CLINICAL APPLICATIONS
2.1.

Physiological and Molecular Response to Low Temperatures

Physiological response of human body to low temperatures manifests itself in changes in the
endocrine, circulatory, neuro-muscular, and immunological systems. The cutaneous
circulation is the major effect of thermoregulation. Temperature is detected by peripheral
sensory nerves. They can be classified according to degree of myelination and the velocity at
which action potentials conduct through afferent fibers. On this basis there are fast conducting,
myelinated (large) A nerve fibers and the slow conducting, unmyelinated (small) C fibers. There
are 4 types of A fibers: alpha, beta, gamma and delta (Aδ). C fibers can react to different stimuli
such as chemical, mechanical and temperature changes. The C fibers are the predominant
nerve pathway for thermo-perception of warmth. A Aδ fibers carry gentle cold, whereas fibers
C are activated in cryogenic temperatures. Generally, the perception of cool temperature
occurs when the skin is cooled as little as 1°C from normal body temperature. Temperatures
in the range between 30°C and 15°C can activate both Aδ and C fibers. However, below either
25°C or 15°C there can be a difference in their activity. When the temperature is reaching
approximately 15°C, the perception of cold is closer to pain sensation. Cold-induced pricking
sensation is largely reduced when Aδ fibers are blocked. During the block of the Aδ fiber, when
C afferents are still active, the perception of noxious cold stimulus is experienced as burning
or heat. This suggests that input from the Aδ fibers that signals the ‘cool’ sensation either
blocks or modifies the C fiber input into the central nervous system. Therefore, the sensory
experience induced by noxious cold stimuli depends on the integration of neuronal activity from
both small myelinated and unmyelinated afferents (Bomi and Seong, 2013).
Recently, advances in understanding the temperature sensation have been made after
discovering and characterizing TRP (Transient Receptor Potential) ion channel in 1997.
The Activity of thermo TRP depends on the current temperature. The mammalian TRPV
channels are thermo- and chemo-sensitive channels which are composed of 6 components.
The best known is TRPV1. It can be activated by different stimuli and plays key role in pain
and neurogenic inflammation. TRP channels are gated by heat and capsaicin (>43°C; TRPV1),
noxious heat (>52°C; TRPV2), and cooling (<22°C; TRPM8) (Patapoutian et al.,
2003). Recently, the cooling sensation generated especially by TRPM8 and/or cold and
menthol receptor 1 (CMR1) has drawn attention for its potential usefulness.
2.2.

Cryotherapy in Medicine

Normal body temperature known as normothermia ranges between 36.5-3.7.5°C. However,
some changes can be observed depending on health status, sex, hormonal disturbances,
the time of day, emotional state, physical activity, external factors etc. The first medical
recommendations for induced hypothermia are from the Ancient World, mainly as a therapy
for battle injured man and brain disturbances. In 60s there have been several clinical studies
with brain cooling conducted to reduce intracell metabolism. Moreover, mild to moderate
hypothermia might reduce abnormal blood-brain barrier permeability after stroke and traumatic
brain injuries.
Cryotherapy is a medical procedure which uses an extremely cold liquid to lower the body
temperature locally or systemically. This kind of therapy is widely used to bring relief
in different diseases and sport injures. Triggering physiological defensive mechanisms
in response to repeated external stressor (cold) has a potential to be more commonly used
in medicine, physiotherapy, sports and athlete recovery. However, it is important to apply
an appropriate duration, form and number of cryostimulations, based on individual needs
of each patient. In conclusion, this presentation tries to review the potential benefits of using
WBC in neurorehabilitation and answer the question: How can WBC impact clinical practice in

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2873

the near future?
2.3.

Whole Body Cryostimulation (WBC) Procedure.

Currently, whole body cryotherapy (WBC) is becoming more and more popular not only
in sport but also in clinical studies. The procedure of the WBC therapy consists of the short
exposure to cold air (in cryogenic temperature) in special cryochambers. The air temperature
is between -100°C and -140°C and single exposure usually lasts about 2-3 minutes. It can be
performed in a single cryochamber or, more often, in much bigger one, where 3 to 5 persons
are walking inside in the circle one by one. To adapt organism to cryogenic temperatures,
in most protocols, each exposure in cryochamber is preceded by spending 30 seconds in a
vestibule room with higher temperature of -60°C. During WBC special outfit, consisting of
bathing suit, long socks, clogs or shoes, surgical mask (to protect upper part of respiratory
system from very cold air), gloves, and a hat (or headband) is required. Using protection
to cold sensitive parts of our body including feet, hands, auricles, nose is very important. Any
sweat should be removed from the body of participants before WBC. Inside cryochamber, the
subjects have to move step by step without any touching or talking. To control safety inside
cryochamber, there is a camera and microphone which enables permanent contact with
therapist, who is remaining outside.
This procedure is safe, however the medical examination before starting therapy should
not be omitted. In most countries WBC is carried out only by private sector, mainly
to improve well-being or as an alternative recovery tool after overtraining. It is rather expensive
procedure, for example in the USA single exposure costs about 60 dollars, so full series of
treatments consisted of 10 exposures costs about 600 dollars without any medical support or
examination. In Poland WBC is refunded by National Health Fund in amount of
2 series of treatments per year. However, only medical doctor can write the prescription for
WBC. It’s recommended for patients to have at least 3 months break between series. One
series consist of total number of 10 exposures (1 exposure per day). Therefore, the huge
amount of people use this kind of therapy as one of the possible rehabilitation procedures. All
the patients are obligated to have a medical checkup with blood pressure measurements and
other basic examinations (Banfi et al., 2010).
2.4.

Whole Body Cryostimulation (WBC) in Sports Medicine

WBC is widely used in sport medicine mainly as a therapy that can accelerate recovery from
muscle injury and prevent overtraining symptoms. Cryotherapies have been used for postexercise recovery in a variety of sports to help coping with fatigue, muscle overtraining and/or
delayed-onset muscle soreness (DOMS). Exercising with different intensity induces many
medical problems including pain, fatigue, depression, muscle injury. Exercising is also
associated with microscopic tears in the muscle tissue. These micro tears are necessary for
the muscles to grow, as without damage (a stimulus), there can be no response from the body.
Although, it cannot be forgotten overtraining can induce muscle damage and lead to DOMS
(Bleakley et al., 2012).
In sports medicine, cryotherapy is commonly used as a post-training intervention. WBC has
been studied by means of subjective ratings of DOMS and general ratings of perceived
exertion (RPE), objective attenuations of blood plasma markers such as creatine-kinase (CK)
and lactate-levels or blood plasma cytokines encompassing Interleukines (IL) and C-reactive
protein (CRP). Commonly cryotherapy is described as an analgesic therapy that can decrease
inflammation in musculoskeletal problems. The physiological mechanism of using WBC for
recovery after strenuous exercises is mainly related to vasoconstrictive effect, which reduces
the inflammation reactions through a decrease of the cell metabolism (Hohenauer
et al., 2015).
Recently, Banfi et al. (2009) has observed beneficial effects of a one week course of daily
sessions of WBC in professional rugby players. Results indicate a significant reduction
in muscular enzymes (creatine kinase [CK] and lactate dehydrogenase [LDH]) and proinflammatory cytokines into the plasma, associated with an increase of anti-inflammatory
cytokines. Additionally, Pournot et al. (2001) reported that a single exposure to WBC
significantly alleviated inflammation after a strenuous exercise run mainly composed of
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eccentric contractions. According to these results, WBC could hasten muscular recovery after
exercise by reducing inflammatory processes, vascular permeability and subsequent edema
development. Practically, it seems that a sufficient number of WBC sessions (at least 10
sessions) are necessary to stimulate an immunological response, while antioxidant and antiinflammatory effects could be obtained in the first session. Such reactions could be particularly
beneficial during the recovery period following exercise and reinforce the significance of WBC
in a sporting context. Banfi et al. (2009) reported a significant, 40%, reduction in CK level after
five days of daily WBC sessions in rugby players. Wozniak et al. (2007) reported a 34% decline
in CK concentration after 10 WBC sessions performed by 21 kayakers before each training
session. The repeated cold-related stimulations of noradrenalin could partly explain the
decrease in CK concentration after WBC sessions, associated with a decline in prostaglandin
PGE2 (i.e. an inflammatory mediator and vasodilator) which could reduce vascular
permeability ( Banfi et al., 2009).
According to these results, it seems that repeated expositions (a minimum of 5 to 10 sessions)
to WBC are required to stimulate recovery from muscle fiber damage by reducing muscle
membrane breakdown or increased cell permeability induced by physical exercise (Hausswirth
et al., 2011). The enhancement of the cardiovascular system, amelioration of muscular
activation, limitation of sport-induced haemolysis, potential anti-inflammatory effect and
additional potentially beneficial effects of WBC could be useful for athletes. Furthermore, postWBC treatment changes in biochemical and haematological parameters could lie outside the
threshold range imposed by sports federations and official control agencies for athletes
classified as being doped or they could be interpreted as an attempt to mask changes caused
by illicit treatment.
2.5.

Whole Body Cryostimulation (WBC) as a Pain Killer

It can be observed, that pain is one of the most common and hence almost all adults have
experienced episodes of musculoskeletal pain associated with injury or overuse. It affects over
one-third of persons over 60 years of age (Lawrence et al., 2008). Aging predispose to
recurrent or chronic musculoskeletal pain connected with multi joints osteoarthritis (OA).
Radiographic changes of OA, in multiple joints (hands, spine, hips and knees) reveal OA
in at least one joint in over 80% of older adults (Loeser, 2010).
The most commonly complaint pain is located in lower back, approximately 30–40% of adults
in the general population have suffered from it. Low back pain can result from injury
or systematic overuse and it can lead to osteoarthritis. The main determinant of disability
in patients with osteoarthritis is pain, especially chronic pain. Chronic (persistent) pain lasts
more than 3 months and it/s pathophysiology is not entirely understood. However, there are 3
main components: inflammation, joint damage which prolong inflammation and, as a result of
2 factors mentioned before, pain sensitization.
Cold therapy has multiple physiological effects on injured, damaged tissues. When skin
temperature is decreasing, muscles reduce blood flow to the cooled tissues as a result of
activation of sympathetic vasoconstrictive reflex. Low temperature decreases blood flow
and it leads to reduction of edema as well as the generation of proinflammatory mediators
including cytokines, chemokines, free radicals etc. Moreover, decreasing tissue temperature
also reduces the metabolic demand of hypoxic tissues, potentially preventing secondary
hypoxic damage in injured tissue. Cold therapy induces a local anesthetic effect, referred to as
cold-induced neurapraxia, by decreasing the activation threshold of tissue nociceptors and the
conduction velocity of nerve signals conveying pain (Malanga et al., 2015), (Samanta et. al.,
2018).
WBC has also proven to be an effective therapy among patients with fibromyalgia, who are
struggling with widespread musculoskeletal pain and decreased quality of life and functional
status. Vitenet et al. (2018) reported positive impact of WBC on psychological and physical
dimension of quality of life among fibromyalgic patients.
2.6.

Whole Body Cryostimulation (WBC) in Neurology

A recent studies have found observational evidence that WBC can cause a positive effect on
many key biochemical and physiological parameters. What is more, it can induce adaptive
changes in antioxidant status, and positive effects on inflammatory and immunological
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processes, which are the hallmark of neurodegeneration. Therefore, WBC is being considered
as a therapy with the huge potential in neuroprotection of neurodegenerative disorders. It also
seems that cryostimulation may be used as an adjuvant therapy in the treatment of diseases
with oxidative stress background.
Multiple sclerosis (MS) is a neurological disease diagnosed among young adults with fatigue
and difficulty with walking as the most burdensome symptoms, which can be intensified by
increased temperature and humidity. Therefore, lower temperatures are more suitable for MS
patients, hence they are often used during rehabilitation process. Our last study reported the
positive effect of WBC on fatigue and functional status in MS patients. However, greater
improvement was observed in high fatigue group (Miller et al., 2016). Another study showed
positive effect of WBC on MS patients mood and functional status (Miller et al., 2013).
2.7.

Whole Body Cryostimulation (WBC) in Rheumatic Diseases

Rheumatoid arthritis (RA) is the most common inflammatory arthritis, which affects 1-2 percent
of population. The onset of RA mainly occurs between the ages of 30 and 50. The
pathophysiology of RA is characterized by constant inflammatory processes that lead to
proliferation of synovial cells in joints, moreover in mature form of RA cartilage destruction and
bony erosions may occur. These destructive processes are connected with the overproduction
of proinflammatory cytokines (Wasserman, 2011).
The main symptom of RA is pain, which significantly decreases patients quality of life. In order
to treat patients suffering from RA , in Japan in1970s the first cryochamber was built. Last
meta-analysis of studies reported that WBC can be used as an effective pain therapy in RA
patients which is not only improving mobility but also quality of life (Guillot et al. 2014).
Nevertheless, a study performed by Gizińska at al. (2015) has reported positive effects of a 2week rehabilitation program for patients with RA regardless of the kind of the applied physical
procedure.
2.8.

Hypothesis About WBC’s Future

In the present state of knowledge, it can be hypothesized that WBC is potentially effective
therapy that can prevent neurodegenerative diseases in preclinical course of dementia or mild
cognitive impairment. It is also potential antioxidative therapy that can prevent chronic or
lifestyle diseases (Misiak and Kiejna, 2012). Moreover, there is also convincing evidence
supporting the neuroprotective role of low temperatures, which originates from experimental
studies on the application of therapeutic hypothermia in infants and adults with hypoxicischemic cerebral injury (Drury et al., 2010).
Interesting
conclusions
supporting
potentially
beneficial
influence
of
WBC
on oxidative stress and antioxidant function have been drawn. There is an evidence that series
of 10 WBC exposures increased total antioxidant status and uric acid level in plasma,
consequently extremely low temperatures improve the antioxidant capacity in human organism
(Miller, 2012).
Rymaszewska et al found that WBC has a positive impact on treatment of patients with
affective and anxiety disorders, therefore WBC can be also considered as
an alternative, non-pharmalogical form of treatment for neurological patients struggling with
such symptoms and also with depression (Rymaszewska et al., 2008).

3. CONCLUSIONS
Recently short-term cryostimulation has become a popular topic in different fields of medicine
especially in musculo-sceletal and neurodegenerative diseases. However, there is also a need
to answer on several questions concerning safety and possible side-effects of using cryogenic
temperature applications.
The key problem in comparing different studies and their effectiveness is the heterogeneity
among the exposure protocols that have been performed. WBC is a therapy with a huge
potential in medicine. However, medical examination before starting cryogenic temperatures
is obligatory to avoid side effects. Currently, many studies reported many benefits after series
of WBC but there is the demand for randomized controlled clinical studies.
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ABSTRACT
A simplified heat transfer model for a closed refrigerated display cabinet was developed based
on a zonal approach. The developed model allows the prediction of time-averaged air and
load temperatures at various positions in the display cabinet. These predicted values were
compared with measured air and load temperatures. Good agreement was found between
them with the maximum difference of 0.5°C for every studied position and the overall mean
absolute error of 0.2°C. Air and load temperatures vary with positions. High temperature was
observed at the front (highest value at the front top) and low at the back (lowest value at the
back bottom). Based on the simulation, the cabinet thermal performance can be enhanced by
minimizing the size of door gaps.
Keywords: Closed refrigerated display cabinet, Simplified model, Heat transfer, Temperature

1. INTRODUCTION
It is well known that air infiltration across an air curtain is one of the major drawbacks of open
refrigerated display cabinets. It accounts for about 66-77% of total refrigeration loads (Gaspar
et al., 2011) and also causes temperature heterogeneity in the cabinets (Laguerre et al.,
2012b). High temperature is mostly at the front areas and low temperature at the rear (Evans
et al., 2007). As temperature is one of the most important factors affecting food quality and
safety, minimizing the air infiltration would prolong product shelf life.
Installation of doors on the open cabinets is one of the simple and effective solutions for the
air infiltration reduction. Many achievements were demonstrated by various studies: energy
saving potential (Faramarzi et al., 2002; Fricke and Becker, 2010), better temperature
homogeneity (Chaomuang et al., 2019; Lindberg et al., 2010) and slower quality decay (Atilio
de Frias et al., 2015). As a result, the use of display cabinets with doors is increasingly used
in retail stores worldwide. Closed display cabinets will account for about 75% of all operating
display cabinets by 2020 in France (RPF, 2016).
Because door installation can modify airflow pattern and temperature distribution inside the
cabinet (Faramarzi et al., 2002), an understanding of mechanism of heat transfer and airflow
in the equipment becomes necessary to ensure food quality and safety. Although numerical
simulation with CFD (Computational Fluid Dynamics) models is widely used to investigate the
thermal phenomena in many refrigerating equipment (Smale et al., 2006), this approach
entails some limitations because of the requirement of calculation time and computational
resources. A simplified heat transfer model based on a zonal approach becomes a
complementary option as demonstrated by Laguerre et al. (2012a). They applied such a model
to assess the influence of operating conditions and equipment design on temperature of
products stored in an open display cabinet under steady state.
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This work on a closed display cabinet is a continuity of the previous studies of which the
objective is to present a simplified heat transfer model based on the zonal approach. This
developed model enables the understanding of the heat transfer phenomena in the equipment
as well as the prediction of internal temperature distribution.
This developed heat transfer model will be further integrated with the other models already
developed by our teams for several refrigerating equipment. By this mean, it allows the
prediction of time-temperature history of food products from a production plant to a household
refrigerator. Furthermore, these models linked with predictive microbiological and/or quality
models can be used as an evaluation tool for consumer risk (Duret et al., 2015).

2. MATERIALS AND METHOD
2.1.

Experimental setup

Temperature measurement was carried out in a closed refrigerated display cabinet loaded
with test packages made of methylcellulose. This cabinet was installed in a test room in which
the ambient temperature was controlled at 19.5°C. The lights in the test room and in the
cabinet were switched on to represent the real-use condition in supermarket and the cabinet
doors were always closed during the experiment. As shown in Fig.1, calibrated thermocouples
(T-type, accuracy ±0.2°C) were placed at various positions in the cabinet for the measurement
of air and load (core and surface) temperatures. Perforation pattern of the back panel (PBP)
of the studied cabinet is also depicted in this figure. According to the total plate area over each
shelf, there are 2.3% of holes at the top shelf, 8.3% at the bottom shelf and 3.8% at all
intermediate shelves.The temperatures were recorded every 10 s using a data logger for 24
hours. The time-averaged values were then calculated over 5 h of the quasi-steady state
during which the defrosting period was excluded from the calculation. These results were then
used for the model validation.

Figure 1: Experimental setup for the temperature measurement

2.2.

Model development

2.2.1. Model description
A steady state model is developed in the present study to predict the time-averaged air and
load temperatures in the closed refrigerated display cabinet. The air temperature just after the
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heat exchanger at which the thermostat sensor is located (𝑇𝑡ℎ ) and the external air
temperature (𝑇𝑒𝑥𝑡 ) are the input parameters which are assumed constant. To generalize the
model, dimensionless temperature (𝜃𝑖 ) based on these temperatures is defined as follows:
𝜃𝑖 =

𝑇𝑖 −𝑇𝑡ℎ
𝑇𝑒𝑥𝑡 −𝑇𝑡ℎ

Eq. (1)

2.2.2. Zone definition
Based on the zonal approach, heat exchange zones at different positions in the cabinet were
established (Fig.2). Two main domains were considered, the first one represents the heat
transfer in the rear duct where cold air exchanges heat with the ambient air through the rear
wall while the second one represents the heat transfer in the shelf space.
2.2.3. Heat balance equations
For every zone in both domains, algebraic heat balance equations were derived to describe
the heat transfers in the display cabinet.
Starting from Domain I and Position 1 (denoted by EZ [1,1], Fig. 2), the supply air (mass flow
rate 𝑚̇𝑡 and temperature 𝜃𝑡ℎ ) exchanges heat with the external air (𝜃𝑒𝑥𝑡 ) through the rear wall
by conduction and by convection (overall heat transfer coefficient 𝑈𝑜𝑣𝑤 ). The air temperature
then increases to 𝜃𝑎𝑟𝑑1 . By integration along the rear duct located at this position, the heat
balance equation becomes:
𝜃𝑎𝑟𝑑1 = 𝛼𝑟𝑑1 𝜃𝑡ℎ + (1 − 𝛼𝑟𝑑1 )𝜃𝑒𝑥𝑡 where 𝛼𝑟𝑑1 = exp (−

𝑈𝑜𝑣𝑤 𝑆𝑤1
)
𝑚̇𝑡 𝐶𝑝𝑎

Eq. (2)

A part of air flows into the shelve space through the perforated back panel (PBP) while the
remaining part (mass flow rate 𝑚̇𝑎𝑟𝑑 ) continues flowing towards the discharge air grille (DAG),
along which the air temperature increases successively to 𝜃𝑎𝑟𝑑7. The heat balance of EZ
[1,2…7] was therefore carried out in the same manner as that of EZ [1,1].

Figure 2: Schematic view of the simplified heat transfer model of a closed refrigerated display
cabinet.
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Domain II is composed of five shelves. Each shelf has four heat exchange zones (EZ
[2,1…4,1…5]) and one or two air mixing zones (MZ [2,1…2,1…5]). At Position 1 Shelf 1, i.e.
EZ [2,1,1] (see Fig. 2), a part of the air (mass flow rate 𝑚̇𝑎𝑠ℎ1 = 𝛾1 𝑚̇𝑡 and temperature 𝜃𝑎𝑟𝑑5)
flows horizontally through PBP at the mid height of Shelf 1. At the steady state, the air
temperatures before and after flowing through PBP are the same:
Eq. (3)

𝜃𝑎𝑠ℎ11 = 𝜃𝑎𝑟𝑑5

At EZ [2,2,1], the air (temperature 𝜃𝑎𝑠ℎ11) exchanges heat by convection (heat transfer
coefficient 𝑈𝑙𝑏1 ) with the back load (temperature 𝜃𝑙𝑏1 ). The air temperature becomes 𝜃𝑎𝑠ℎ21 .
𝑈

𝑆

𝜃𝑎𝑠ℎ21 = 𝛼𝑠ℎ11 𝜃𝑎𝑠ℎ11 + (1 − 𝛼𝑠ℎ11 )𝜃𝑙𝑏1 where 𝛼𝑠ℎ11 = exp (− 𝑚̇ 𝑙𝑏1 𝐶𝑙1 )
𝑎𝑠ℎ1 𝑝𝑎

Eq. (4)

In addition to this convective heat exchange with air, the back load also exchanges heat with
the front one by conduction (heat transfer coefficient 𝑈𝑙𝑙1 ) because of the contact between
these two loads.
𝑈

𝑆𝑙𝑙1
𝑎𝑠ℎ1 𝐶𝑝𝑎

𝜃𝑎𝑠ℎ21 = 𝜃𝑎𝑠ℎ11 + 𝛽𝑠ℎ11 (𝜃𝑙𝑓1 − 𝜃𝑙𝑏1 ) where 𝛽𝑠ℎ11 = 𝑚̇ 𝑙𝑙1

Eq. (5)

A similar heat balance was developed for other shelves.
The air then mixes with other two air streams at MZ [2,1,1] (Fig. 2) including air from DAG
(mass flow rate 𝑚̇𝑎𝑟𝑑5 and temperature 𝜃𝑎𝑟𝑑7) and a part of the recirculating air (mass flow
rate 𝛿1 𝑚̇′𝑎𝑠ℎ1 and temperature 𝜃𝑎𝑠ℎ51 ).
′
′
′
𝑚̇𝑎𝑠ℎ1
𝜃𝑎𝑠ℎ31 = 𝑚̇𝑎𝑟𝑑5 𝜃𝑎𝑟𝑑7 + 𝑚̇𝑎𝑠ℎ1 𝜃𝑎𝑠ℎ21 + 𝛿1 𝑚̇𝑎𝑠ℎ1
𝜃𝑎𝑠ℎ51 where 𝑚̇𝑎𝑠ℎ1
=

𝑚̇𝑎𝑠ℎ1 +𝑚̇𝑎𝑟𝑑5
Eq.
1−𝛿1

(6)

This mixed air then exchanges heat with the front load, EZ [2,3,1], and its temperature
becomes 𝜃𝑎𝑠ℎ41 .
𝜃𝑎𝑠ℎ41 = 𝛼𝑠ℎ21 𝜃𝑎𝑠ℎ31 + (1 − 𝛼𝑠ℎ21 )𝜃𝑙𝑓1 where 𝛼𝑠ℎ21 = exp (−

𝑈𝑙𝑓1 𝑆𝑙1
′
𝑚̇𝑎𝑠ℎ1
𝐶𝑝𝑎

)

Eq. (7)

In addition to this convective heat exchange with the air, the front load also exchanges heat
with the back load by conduction (heat transfer coefficient, 𝑈𝑙𝑙1 ) and receives heat from the
conversion of the room and cabinet lighting powers (𝑞𝑙𝑖 ). At steady state:
𝜃𝑎𝑠ℎ41 = 𝜃𝑎𝑠ℎ31 + 𝛽𝑠ℎ21 (𝜃𝑙𝑏1 − 𝜃𝑙𝑓1 ) + 𝑞 ′′ 𝑙𝑖1 where 𝛽𝑠ℎ21 =

𝑈𝑙𝑙1 𝑆𝑙𝑙1
′
𝑚̇𝑎𝑠ℎ1
𝐶𝑝𝑎

; 𝑞 ′′ 𝑙𝑖1 =

𝑞𝑙𝑖1
′
𝑚̇𝑎𝑠ℎ1
𝐶𝑝𝑎 (𝑇𝑒𝑥𝑡 −𝑇̅𝑡ℎ )

Eq. (8)

Unlike Shelf 1, different heat balance is applied to the other shelves. The heat transfer
mechanism on Shelf 2 was selected as a sample of the model development. The air flowing
through PBP (mass flow rate 𝑚̇𝑎𝑠ℎ2 and temperature 𝜃𝑎𝑠ℎ22 ) mixes with a part of the air curtain
from the upper shelf (mass flow rate 𝛿2 𝑚̇𝑎𝑟𝑑4 and temperature 𝜃𝑎𝑠ℎ41).
′
′
𝑚̇𝑎𝑠ℎ2
𝜃𝑎𝑠ℎ32 = 𝑚̇𝑎𝑠ℎ2 𝜃𝑎𝑠ℎ22 + 𝛿2 𝑚̇𝑎𝑟𝑑4 𝜃𝑎𝑠ℎ41 where 𝑚̇𝑎𝑠ℎ2
= 𝑚̇𝑎𝑠ℎ2 + 𝛿2 𝑚̇𝑎𝑟𝑑4

Eq. (9)

Then, the mixed air exchanges heat with the front load, EZ [2,3,2], and its temperature
becomes 𝜃𝑎𝑠ℎ42 .
𝑈

𝑆

𝜃𝑎𝑠ℎ42 = 𝛼𝑠ℎ22 𝜃𝑎𝑠ℎ32 + (1 − 𝛼𝑠ℎ22 )𝜃𝑙𝑓2 where 𝛼𝑠ℎ22 = exp (− 𝑚̇′𝑙𝑓2 𝐶𝑙2 )
𝑎𝑠ℎ2 𝑝𝑎

Eq. (10)

The load located at the front of Shelf 2 is subjected to the convection with the mixed air, the
conduction with the adjacent load at the back (heat transfer coefficient 𝑈𝑙𝑙2 ) and the heat
conversion of visible radiation from the room lighting power (𝑞𝑙𝑖2 ), thus
𝜃𝑎𝑠ℎ42 = 𝜃𝑎𝑠ℎ32 + 𝛽𝑠ℎ22 (𝜃𝑙𝑏2 − 𝜃𝑙𝑓2 ) + 𝑞 ′′ 𝑙𝑖2 where 𝛽𝑠ℎ22 =

𝑈𝑙𝑙2 𝑆𝑙𝑙2
′

𝑚̇ 𝑎𝑠ℎ2 𝐶𝑝𝑎

; 𝑞′′ 𝑙𝑖2 =

𝑞𝑙𝑖2
′

̅𝑡ℎ )
𝑚̇ 𝑎𝑠ℎ2 𝐶𝑝𝑎 (𝑇𝑒𝑥𝑡 −𝑇
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After exchanging heat with the front load, a part of the air at Shelf 1 (mass flow rate 𝛿1 𝑚̇𝑎𝑠ℎ1
and temperature 𝜃𝑎𝑠ℎ41 ) flows toward the doors and is submitted to heat losses through the
doors (overall heat transfer coefficient 𝑈𝑜𝑣𝑑 ). This air also interacts with the air infiltration
through the door gaps (mass flow rate 𝑚̇𝑔𝑎𝑝 ). These exchanges at EZ [2,4,1] result in an air
temperature increase to 𝜃𝑎𝑠ℎ51 .
𝜃𝑎𝑠ℎ51 = 𝛼𝑠ℎ31 𝜃𝑎𝑠ℎ41 + (1 − 𝛼𝑠ℎ31 )𝜃𝑒𝑥𝑡 where 𝛼𝑠ℎ31 = exp (− 𝛿

𝐶𝑒𝑞 𝑆𝑑1
′
1 𝑚̇𝑎𝑠ℎ1 𝐶𝑝𝑎

Eq. (12)

)

For simplification and as a first approach, it is considered that there is no air recirulation and
air infiltration through the door gaps for the other shelves. A part of the air at these shelves,
e.g. Shelf 2, is mixed with the air from the top shelf (mass flow rate (1 − 𝛿2 )𝑚̇𝑎𝑟𝑑4 and
temperature 𝜃𝑎𝑠ℎ41 ) and exchanges heat with the external ambient air through the glass doors
(overall heat transfer coefficient 𝑈𝑜𝑣𝑑 ).
𝑈

𝜃𝑎𝑠ℎ52 = 𝛼𝑠ℎ32 𝜃𝑎𝑠ℎ41 + (1 − 𝛼𝑠ℎ32 )𝜃𝑒𝑥𝑡 where 𝛼𝑠ℎ32 = exp (− (1−𝛿 𝑜𝑣𝑑
)𝑚̇
2

𝑆𝑑2

𝑎𝑟𝑑4 𝐶𝑝𝑎

)

Eq. (13)

This air then mixes with the air which exchanged heat with the load located at the front of the
shelf at MZ [2, 2, 2].
′
𝑚̇𝑎𝑟𝑑3 𝜃𝑎𝑠ℎ62 = 𝑚̇𝑎𝑠ℎ2
𝜃𝑎𝑠ℎ42 + (1 − 𝛿2 )𝑚̇𝑎𝑟𝑑4 𝜃𝑎𝑠ℎ52

Eq. (14)

A similar heat and mass balances at EZ [2, 4, 2] and MZ [2, 2, 2] were applied to Shelf 3 to 5.
Input parameters used in the developed model were obtained from several sources: physical
measurement, calculation based on literature and material properties and model fitting as
summarized in Table 1. The simulation was run on MATLAB environment.
Table 1 Values of input parameters used in the simplified heat transfer model

Parameter
Mass flow rate (kg·s-1)
Air distribution
coefficient (-)

Value
𝑚̇𝑡
0.1120
𝛾1
0.02
𝛾2
0.02
𝛾3
0.04
𝛾4
0.05
𝛾5
0.36
Heat transfer
𝑈𝑙𝑏
15
coefficient
𝑈𝑙𝑓
24
(W·m-2·K-1)
𝑈𝑙𝑙
3.4
Exchange area*
𝑆𝑤1
0.216
(m2)
𝑆𝑤2…5 0.313
𝑆𝑤6
0.156
Lighting power (W)
𝑞𝑙𝑖1
10
*The cabinet is 1.25 m in length.

Source
Measurement
Measurement

Model fitting
Model fitting
Calculation
Measurement
Measurement
Measurement
Calculation

𝑚̇𝑔𝑎𝑝
𝛿1
𝛿2
𝛿3
𝛿4
𝛿5
𝑈𝑜𝑣𝑤
𝑈𝑜𝑣𝑑

𝐶𝑒𝑞
𝑆𝑐
𝑆𝑑1…4
𝑆𝑑5
𝑞𝑙𝑖2…5

Value
0.0051
0.90
0.70
0.70
0.70
0.70
0.77
1.02
17.6
0.500
0.313
0.431
0.25

Source
Model fitting
Model fitting

Calculation
Calculation
Calculation
Measurement
Measurement
Measurement
Calculation

3. RESULTS AND DISCUSSION
Fig. 3a shows the predicted and measured air and load temperatures inside the closed display
cabinet for the ambient temperature of 19.5°C. It was observed that the air temperature in the
rear duct increased progressively from the duct upstream to the DAG (Fig.3a) because of heat
losses through the rear wall. As a part of this cold air also infiltrated into the cabinet through
PBP, it explains higher temperature of back load at the top shelf compared to the lower
shelves. Similarly, higher temperature of the load at the front top shelf was observed compared
to that at the lower shelves. On the same shelf, the front load temperature was relatively higher
(average difference of about 1.4°C) compared to the one at the back because of heat losses
through the glass doors. The maximum difference (2.1°C) at the top shelf can be explained
by additional heat loads from the warm air infiltration through the door gaps and the heat
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conversion of visible radiation from the room and cabinet lightings. The highest and lowest
load temperature positions were located at the front of the top shelf and the back of the bottom
shelf, respectively.
As shown in Fig.3b, the calculated air and load temperatures agreed with the measured ones
with an overall mean absolute error of about 0.2°C. A slight over-estimated air temperature at
the front can be explained by the measurement position which may not be a good
representation of the entire air across the front area. Nevertheless, the load temperature is
well predicted. The maximum difference of the calculated and measured load temperatures
was less than 0.5°C for every studied position. It is worth to remind that the developed model
does not take into account the air infiltration due to door openings because the airflow during
door openings is too complex to be predicted by the simplified model.

Figure 3: (a) Temperature distribution obtained from the numerical simulation (𝑻𝒏𝒖𝒎 ) and
measurement (𝑻𝒆𝒙𝒑 ) in a closed display cabinet for ambient temperature of 19.5°C (b)
comparison between the predicted and measured air and load temperatures.

The validated model was further used to investigate the effect of design parameters on the
load temperature in the closed display cabinet including rear wall insulation thickness (𝑒) and
air infiltration rate through the door gaps (𝑚̇𝑔𝑎𝑝 ). As shown in Fig.4a, doubling insulation wall
thinkness resulted in a slight decrease of load temperatures (about 0.2°C). Load temperatures
could be notibly decreased (up to 0.7°C) when the air infiltration through the door gap reduced
by half (Fig.4b). These findings suggested that the temperature performance of closed
refrigerated display cabinets could be improved by minimizing the door gaps of the cabinets.

4. CONCLUSIONS
A steady state simplified heat transfer model was developed for a closed refrigerated display
cabinet. Based on a zonal approach, the display cabinet was decomposed into various heat
exchange zones allowing the prediction of air and load temperatures at different positions. In
the shelves-space storage, time-averaged load temperatures at 10 positions (front and back

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2884

of the five shelves) were predicted and compared with the experimental results. It was
observed that the load temperatures were well predicted by the model whereas the air
temperature in the air curtain was slightly over-estimated. Possible explanation of the
discrepancy between the model and the experiment is that the air temperature was measured
only at one position which may not be representative of the average air temperature inside the
curtain . Nevertheless, the load temperature ranges and trends in the closed display cabinet
are well represented by the proposed model with a short calculation time (less than 1 s). The
overall mean absolute error was less than 0.2°C, and the maximum difference of the
calculated and measured load temperatures never exceeds 0.5°C for every studied position.
Moreover, this validated model can be used to study the influence of display cabinet design
on the thermal performance.

Figure 4: Numerical results showing the variation of air temperature at discharge air grille
(DAG) and load temperatures with (a) wall insulation thickness and (b) air infiltration rate
through the door gaps
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NOMENCLATURE
𝐶𝑒𝑞
𝑒
ℎ
𝑚̇
𝑞
𝑆

Equivalent thermal conductance,
W·m-2·K-1
thinkness, m
Convective heat transfer
coefficient, W·m-2·K-1
Mass flow rate, kg·s-1
Heating power, W
Exchange area, m2

𝑇
𝑈
𝛼, 𝛽
𝛿, 𝛾
𝜃

Temperature, °C or K
Overall heat transfer coefficient,
W·m-2·K-1
Exponential dimensionless heat
transfer coefficient
Air distribution coefficient
Dimensionless time-averaged
temperature
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ABSTRACT
When pork carcasses are transported in a refrigerated trailer, all of them should be correctly
ventilated. CFD simulations were performed to assess the homogeneity of air circulation around
the carcasses. From an Xray scanner of a carcass, a simplified geometry was deduced. The air
volume inside a semitrailer containing 430 pork half-carcasses was then meshed (21.106 cells).
The Reynolds Averaged Navier Stokes equations were solved with the k-ε turbulence model. The
flow pattern is very complex: air is blown at high velocity on the top of the container front, forming a
wall jet. There is an air entrainment by this jet whose section increases whereas its velocity
decreases. Part of the blown air flows throughout the ‘porous’ zone constituted by the carcasses
while another part reaches the gap between the carcasses and the doors at the rear of the
container. Finally air flows back toward the outlet. Zones of low velocity between half-carcasses
were identified.
Keywords: Aeraulics, Carcass, Computational Fluid Dynamics, Refrigerated vehicle

1. INTRODUCTION
When pork carcasses are transported in a refrigerated trailer, all of them should be correctly
ventilated. But in fact, it has be shown both by experimentation and computational fluid dynamics
(CFD) that air flow can be very heterogeneous in refrigerated trailers. Up to now, the studies
concerned empty trailers (Moureh and Flick 2005), trailers loaded with impermeable or porous
pallets (Tapsoba et al. 2007, Moureh et al. 2009) or a single carcass (Pham et al. 2009, Kuffi et al.
2016).
The present study concerns the case of a long trailer (13.3 m) loaded with 430 pork half-carcasses.
The air inlet and outlet are both located at the front of the container, this generally implies a better
ventilation in the front part than in the rear part. The air is blown at high velocity (11 m/s) near the
ceiling of the container front, forming a turbulent wall jet. The particularity of this configuration in
comparison with previous studies is the very complex geometry of the load. A numerical approach
is here presented.
Many CFD studies of air flow in refrigeration equipment use the Reynolds Averaged Navier Stokes
(RANS) approach. The objective is to predict the time-averaged mean velocity (v). Most often the
Reynolds stresses, due to the velocity fluctuations (v’) are expressed with the Boussinseq
approximation by introducing the turbulent viscosity (νt). This way, the eddies are not directly
solved but only characterized by their turbulent kinetic energy (k). Following Kolmogorov’s point of
view, mechanical energy of the mean flow is transformed into turbulent kinetic energy (because of
the mean velocity gradients) and the energy of the smallest eddies is transformed into heat
(molecular agitation) with a specific dissipation rate (ε). For complex geometries, an algebraic
estimation of the turbulent viscosity cannot be used; the most popular approach relates νt to k and
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ε (taking into account indirectly of the turbulence length scale lt). Different versions are available
which differ by some energy redistribution terms and near wall treatment (standard k-ε. realizable
k-ε, k-ε RNG, k-ω SST). Near wall treatment is especially important if heat transfer has to be
predicted. Sometimes the Boussinesq approximation cannot be applied because eddies are highly
anisotropic and more sophisticated model (e.g. RSM) have to be used (Defraeye et al. 2013).
Near the walls, v varies very rapidly in a nonlinear way, so that a very fine mesh should be
employed near the walls. But this becomes very expensive in term of memory and computing time.
Therefore, assuming that the flow is almost parallel to the wall in the first cell near a wall, the
boundary layer theory can be employed to estimate the wall shear stress. In the software the
employed near wall relations are called ‘wall functions’.
The present study aims to predict the homogeneity of the fluid flow around the carcasses. No
precise velocity field or estimation of the heat transfer intensity is expected; therefore the standard
k-ε model (with wall functions) was used.

2. GEOMETRY AND MESH
Fig.1 presents the dimensions of the trailer and of the zone occupied by the carcasses.

Figure 1: Dimensions of the trailer (real scale)
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From an Xray scanner of a carcass, a simplified geometry was deduced as shown on Fig. 2.
The simplified geometry was developed in order to have the same volume ensuring the same
porosity of the zone occupied by the carcasses. The horizontal section at a given height is also
about the same for the real carcass and the simplified geometry, ensuring almost the same
convergent or divergent flow in the vertical direction.

Figure 2: Simplified geometry of the carcasses

The air volume inside a semitrailer containing 430 pork half-carcasses was then meshed using
21 009 342 cells (Fig. 3). Near the top wall, the mesh is prismatic in order to better take into
account the wall jet development.

Figure 3 View of the mesh
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3. MAIN HYPOTHESES AND BOUNDARY CONDITIONS
The fluid was assumed incompressible and isothermal. Properties of air at 4°C were used.
The steady state Reynolds Averaged Navier Stokes (RANS) equations with the standard k-ε model
of turbulence and the standard (logarithmic) wall function (smooth walls) were solved using the
finite volume method (Fluent).
The inlet conditions are:
- section 1.100 m x 0.16 m (hydraulic diameter: 0.28 m)
- normal mean velocity: 11 m/s (Reynolds number: 2.2 105)
- turbulence intensity: 10 %
- turbulence length : 7% of hydraulic diameter
At outlet, uniform pressure was imposed (without viscous stress).
The simulation converged after 3500 iterations which needed 48 hours of computation on a 12
cores computer with 130 Go RAM.

4. RESULTS AND DISCUSION
Fig. 4 present some computed stream lines inside the loaded trailer (the carcasses are not
represented in this figure but where taken into account in the simulation). This highlights the
complexity of the 3D flow pattern. Globally air blown near the ceiling forms a wall jet. Its section
increases whereas its velocity decreases (1). It adheres to the top wall (by Coanda effect) nearly
up to the rear of the trailer. Part of the blown air flows throughout the ‘porous’ zone constituted by
the carcasses while another part reaches the gap between the carcasses and the doors at the rear
of the container (2). Finally air flows back toward the outlet near the bottom (3). There is an air
entrainment by the jet which explains an upward flow on the front of the trailer (4).
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Figure 4 : Stream lines issued from the inlet section

Fig. 5a presents the computed velocity magnitude in the symmetry plan. This velocity field can be
compared outside the zone of carcasses with the experimental one (Fig. 4b) which was obtained
on a reduced scale trailer loaded with reduced scale carcasses made of polyurethane foam (Merai
et al. 2018) by 2D Laser Doppler Velocimetry (LDV).

Figure 5: velocity magnitude in the symmetry plan (red color represents velocities ranging from 6m/s
to 11 m/s which is the value at inlet)

Fig. 6 compares the evolution along the jet axis (longitudinal axis passing by the center of the inlet
section) of the numerical and experimental axial velocities.
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Figure 6 : Velocity along the jet axis

The main difference is that the predicted velocity decreases less rapidly along the jet axis than the
measured one. This can be explained by several reasons. The simulated geometry does not take
into account the presence of the hooks and the extremity of the feet. Also the heights at which the
carcasses are hanged is not exactly the same in the experiment (and in real configuration) to the
contrary of simulation. All these aspects could contribute to produce turbulence and increase the
jet diffusion in the lateral and vertical directions. The k-ε model is also known to predict incorrectly
flows with adverse pressure gradients. This explained that for of an empty trailer, the k-ε was
unable to predict the experimentally observed separation of the jet from the wall (Moureh and Flick
2005) whereas the RSM model, which better takes into account of turbulence anisotropy, predicted
it well. More realistic geometry and more advanced turbulence models will be tested in future work.
Nevertheless, even taking in mind the limitations of the present numerical results, the interest of
the CFD approach is that, contrarily to the experimental approach, it is possible to estimate the air
flow around the carcasses.
Fig. 7 presents the velocity magnitude at different position between the half carcasses. Some
zones of low velocity between half carcasses can be identified.

Figure 7 : Velocity magnitude between half carcasses

In plane (a) notably, a nearly stagnant zone at mid length of the trailer was predicted because the
simulated jet wall continued flowing along the top wall until the rear of the trailer. In fact, according
to the experimental velocity evolution on the jet axis, is seems that less air reaches the trailer rear
and more air flows downward through the carcasses.
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Fig. 8 present the vertical velocity component at mid height of the trailer. One could imagine that
the carcasses form a porous medium of relative high pressure drop and that since the air is blown
on the top, a relative homogenous downward airflow would occur throughout the carcass zone. But
in fact, near the trailer rear the flow is indeed downward but near the front, the entrainment effect of
the wall jet induces a suction effect and air flows upward throughout the carcasses in the front
zone. In the intermediate region, there is sometimes neither downward and neither upward flow
leading to low velocity zones.

Figure 8: Vertical velocity (positive upward) at mid height of the trailer

In the zones of low velocity, the refrigeration will be of low intensity. Thus, if the carcasses are
loaded while there are still warm at core (e.g. 15°C at core and 7°C at surface), they could take a
long time to reach everywhere the recommended temperature (<7°C). Even the surface
temperature could slightly increase. This can be problematic for sanitary risk (pathogenic
microorganism growth). In fact, the smallest velocities are observed in the loan region of the
carcasses (at mid height of the carcasses). Since the loan thickness is small (compared to the jam
for example) the loan is generally rapidly cooled down in the cold room of the slaughterhouse. So,
microbial risk should be limited for the loan part. In opposite, the jam core is often the warmest part
at the exit of the slaughterhouse but the velocity is rather high all along the trailer at the top of the
carcasses (jam part). The shoulder regions are also quite well ventilated.

5. CONCLUSIONS
Numerical simulations were performed to determine the air flow distribution in a refrigerated trailer
loaded with pork half carcasses using the standard k-ε model. In the studied configuration, some
low velocity zones were located in the loan region of the carcasses but this should not be
problematic for sanitary risk.
These numerical results are specific of the trailer geometry (inlet and outlet section and location,
number of rails) and of the load (here 215 pork carcasses about 75 kg each). The numerical
approach could be used to see the influence of the trailer configuration, including the effect of air
ducts, and of load (lower or higher number of carcasses) on the airflow distribution.
Nevertheless, the numerical model should be improved, because it overestimates the flow rate
which reaches the rear of the trailer. In further work, a more realistic geometry and more
sophisticated turbulence model (e.g. RSM or k-ω SST) will be tested and the simulation will also
integrate unsteady heat transfer.
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ABSTRACT
The process of freezing and short-term storage (3 months) of meat with different autolysis
development is examined; meat is processed in big food complexes using a low-power consuming
method, in particular electroconvection. Comparative results of study of the processes of freezing
and short-term storage of meat samples using the conventional method and a combined method of
refrigeration with air electroconvection applied are cited. A significant shortening of duration of
freezing process of meat at different autolysis using electroconvection as well as the increase of
the external heat transfer coefficient were defined. Meat shrinkage reduced at freezing and shortterm storage. Qualitative characteristics of meat were of high level.
Keywords: Freezing, Autolysis, Electroconvection, DFD, PSE, NOR Meat, Short-Term Storage.

1. INTRODUCTION
In Russia the refrigeration enterprises are forced to operate under conditions of irregular deliveries
of foods by small parcels for short period of storage (up to 3 months). At the same time, frequent
shipping and delivery of foods cause shrinkage of meat products. A short-term storage at higher
temperature (-12°С) in comparison with conventional temperature regime (-18°С and lower) gives
the possibility to reduce power consumption, to increase an enterprise’s efficiency as well as the
turnover rate of freezing chambers (Babakin et al., 1999). About 60% of energy consumed by
meat industry is spent for cold production. The increase of temperature of meat refrigeration
treatment from -18°С to -12°С allows saving energy up to 24%. World energy consumption by
refrigeration systems is constantly growing. In particular, if recently it was 15%, now it has risen to
18%. Pale Soft Exudative (PSE) and Dark Firm Dry (DFD) meats are two of the major quality
defects facing the meat industry. According to data of the Federal State-Financed Scientific
Institution “Federal Scientific Center of Food Systems” (Russia) from 20 to 80% of meat raw
materials delivered to industrial plants have DFD and PSE defects (Tsvetkov et al., 2003). Meat at
low autolysis process (PSE, pH < 5.6) has pale, mucilaginous structure with dense consistence.
The causes of PSE are stress factors before slaughtering. An animal’s muscle glycogen reserves
are not yet depleted; also the conditions of handling and feeding of animals influence much the
meat quality. Meat at high pH (6.3 ÷ 6.6) – DFD meat has dark, firm, mucilaginous structure with
dense consistence. Its water binding capacity is higher. NOR meat is meat at normal process of
autolysis (pH = 5.7 ÷ 6.2).
The authors have developed a low energy consumption method to process animal raw materials
by electroconvection, which allowed shortening the duration of refrigerating treatment and reducing
packed products shrinkage. Electroconvection occurs at corona discharge due to the action of the
electric wind. The movement of the electric wind represents a deeply turbulent air flow because of
ions formed. The freezing and storage process intensification is provoked by high ions mobility in
air that destructs the thermal resistance on the product surface (Rogov et al., 1996; Babakin et al.,
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1992). The authors were granted a number of patents of Russia (#2141208, #2623242 and
others).
2. METHODS AND RESULTS OF INVESTIGATIONS
The beef samples taken from the longest spinal muscle sized 130x30x30 mm were studied. The
final DFD meat pH was 6.4, PSE meat pH was 5.3, NOR meat pH – 5.7. The temperature in the
cold chamber was -12°С. The refrigeration aggregate operated on HFC ozone friendly refrigerant
at ODP=0 (Babakin et al., 2017). The heat flow density was measured by the electronic density
gauge of ITP-MG4 “POTOK” type with sensors at 10% admissible error limit. At the same tyme the
gauge fixed the temperatures of air and on the sample surface. The temperature of the sample
center was measured using thermocouples XK and potentiometer PP-63.
The heat transfer coefficient was defined by Newton-Richman equation (Lykov, 1967). The
standard methods were applied to define pH, water binding capacity, peroxide number, myofibrillar
protein content and microstructure changes (Zhuravskaya, 1985).
To define meat samples pH Testo-206 was used; the water binding capacity – the Grau method.
The protein content was determined by Kjeldahl method (GOST 25011—2017). The peroxide
number was defined according to GOST 34118-2017.
To define the loss of product mass the samples were weighted using the VLTK-500 electronic
balance.
The working parameters of test samples refrigerated by applying electroconvection were compared
with the control samples cooled by air. The rate of air flow was the same in both cases. In the first
case the flow rate was provided by the electric wind, in the second – by the ventilator. The constant
electric field strength was Е = (7.5÷9.0)·105 V/m.
Figs. 1a and 1b show that the shortening of duration of freezing process of DFD meat test samples
on the surface and in the center was 28-35%, of NOR meat – 24-36%, of PSE meat – 29-41% on
the average as compared with control samples.

Figure 1a:Temperature change on meat samples
surface at freezing: 1, 4, 6, - test samples; 2, 3, 5
– control samples; 1, 2 – DFD meat; 3, 4 – PSE
meat; 5, 6 – NOR meat

Figure 1b: Temperature change in meat samples
center: 1, 4, 6, - test samples; 2, 3, 5 – control
samples; 1, 2 - DFD meat; 3, 4 – PSE meat;
5, 6 – NOR meat

The analytical description of freezing process is given by Eq.(1)

ti = Ai + Bi + Ci 2 + Di 2

Eq. (1)

where Аi, Bi, Ci, Di are constant coefficients for each experimental curve correspondingly,  is
duration of freezing process in minutes.
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The change of the heat flow density when samples are frozen is characterized by three sectors as
shown in Fig. 2.

Figure 2: Change of density of heat flux from freezable meat samples: 1, 4, 6 – test samples; 2, 3, 5 –
control samples; 1, 2— DFD meat; 3, 4 – PSE meat; 5, 6 — NOR meat

During 20-40 minutes of the initial period the heat flow density of test samples increased from 520
W/m2 to 690÷700 W/m2; the heat flow density of control samples increased from 180 W/m2 to
350÷380 W/m 2. The product thermal capacity at this time was maximal, but during freezing it
decreased (Ginzburg et al., 1980). The second sector is characterized by an abrupt decrease of
heat flow caused by formation of a frozen crust on the test meat sample surface.
The third sector is specified by a slow decrease of heat flow density, whereupon the lower “q”
value of the test samples is due to the fact that a drying crust was formed on the surface of the
meat for a shorter period of time as compared with the control samples. So, the heat flow density
decreased.
When determining the “α” external coefficient of heat transfer a significant increase of this
coefficient of the test samples was noted in comparison with the control samples, as shown in Fig.
3. In particular, the “α” coefficient of DFD meat increases 2.2 times, of PSE meat 1.8 times, of
NOR meat – 1.9 times.
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Figure 3: Dependence of the heat transfer coefficient on meat sample freezing duration:
1, 4, 6 – test samples; 2, 3, 5 – control samples. 1, 2 – DFD meat, 3,4 – PSE meat, 5, 6 – NOR meat

Fig. 4 shows mass shrinkage losses of meat samples during 3 months storage. It was evident that
the shrinkage of test samples was less pronounced during all period of storage. In particular, the
shrinkage of DFD meat test samples was less by 0.3÷0.35%; the shrinkage of PSE meat samples
by 0.1÷0.17%, and NOR meat samples by 0.19÷0.21 % as compared with control samples. It was
due to the earlier formation of the crust drying up on the surface as well as to the decrease of
moving forces of shrinkage, i.e. to the partial pressure difference between the product surface and
its structure (Tsvetkov et al., 2003; Babakin et al., 1999).

Figure 4: Mass shrinkage losses of meat raw material during short-term storage: 1, 4, 5 – test
samples; 2, 3, 6 – control samples; 1, 6 – DFD meat, 2, 4 – NOR meat, 3, 5 – PSE meat

The indices of meat water binding capacity during storage, after freezing under electroconvection
conditions of test samples were better than that of control ones. In particular, they were 2-3% higher
during all period of short-term storage of DFD meat samples. As regards PSE meat samples the
indices were 0.5-1%, NOR meat samples – 1.5-1.7%. The change of dissolubility of myofibrillar
proteins in solutions of high ionic strength during short-term storage was investigated. The
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investigations showed that the dissolubility indices of DFD test samples were 1-1.3% higher, of PSE
test samples 0.8-0.95% higher, and of NOR meat samples 0.9-1.0% higher. It was due to the higher
rate of freezing. The oxidation development was less expressed in meat samples frozen under
electroconvection conditions. The application of electroconvective air medium at product freezing
practically didn’t influence the oxidation level during short-term storage. When studying the meat
microstructure it was revealed that at freezing of control samples a local damage of muscle fibers
occurred; deformation and rupture of myofibrils, local rupture of sarcolemmas, decondensation of
corrugate structures of the connective tissue took place. As regards the test samples, at ice formation
lesser damages of sarcolemmas were observed; and a fine-grained protein mass passed into the
interfibrillar space. After three months storage larger crystals were formed between muscle fibers in
endomysium and perimysium interlayers of control samples. The crystals were of different forms and
sizes and contributed to deformation and rupture of muscle fibers; it was due to the phenomenon of
recrystallization during storage. The test samples had a regular disposition of muscle fibers; they had
identical forms and sizes. A significant deformation and ruptures were not observed.

3. CONCLUSIONS
The results of investigations showed that the use of electroconvective air flow (electrocovection) at
freezing and short-term storage (3 months) allowed shortening freezing process duration of DFD meat
by 28-37%, NOR meat by 23-29%, PSE meat by 27-44% on the average as compared with
conventional methods of freezing. Also the external coefficient of heat transfer increased almost 1.82.2 times, the shrinkage decreased by 0.1-0.35%. Quality characteristics of meat at different autolysis
(DFD, PSE, NOR) were of high level. After 3 months storage a significant deformation and the rupture
of muscle fibers were not observed.
NOMENCLATURE
τ
q
α

duration of freezing process (storage)
ts
(min.,days)
Heat flow density (W/m 2)
ta
Heat transfer coefficient (W(m2K)
∆G

temperature of product surface (0C)
air ambient temperatures ( 0C)
sample mass loss(%)
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ABSTRACT
The objective of the present study is substantiation of the technology of “premium” ice cream
without food additives of structure stabilizers. A technologically functional fat content of ice cream
to be not less 15% and effective using monostabilizers (MS) that are products of the physically
modified tapioca starch and cellulose were experimentally proved. It was established that MS
provided an optimal 400-600 mPа∙s mixture viscosity at 0.83 1/s shear rate, initiated nucleation,
and contributed to ice crystals dispersion maintaining at temperature fluctuations. The fat phase
participation in the formation of the product structure was proved. Micro-structural and structuralmechanical research methods allowed basing the modes of control of the ice cream structure
formation process. Concerning structural elements stability ice cream with MS is lightly inferior to
ice cream with effective stabilizers-emulsifiers (ESE), but it keeps high dispersion of structural
elements not less 6 months.
Keywords: Premium Class Ice Cream, Physically Modified Monostabilizers, Nucleation
Intensification, Structural Elements Dispersion.
1. INTRODUCTION
Premium ice cream is a full-value food, it contains 40 –60 % of milk dry substances. To produce
one ton of premium ice cream 2.2-2.5 tons of milk are needed. In Russia this kind of ice cream is
considered as a national food, its production is more than 50% of the total production. The
particularity of traditional Russian premium ice cream is a balanced chemical composition as well
as the presence of the bulk milk fat in the state of emulsion (in mixture) and high dispersed
suspension (in ice cream). Since 1990s the emulsifiers have been applied in full-cream ice on a
large scale, they provoked demulsification and agglomeration of the fat phase that led to formation
of new consumer characteristics (Goff and Hartel, 2016). But now the demand in traditional fullcream ice without emulsifiers and other food additives has increased. 3-5 food additives in
composition of stabilizers-emulsifiers are needed to produce ice cream; they contribute to
formation and keeping the product structure (Tvorogova, 2003; Tvorogova, 2014; Williams et al.,
2002). At production of traditional full-cream ice the use of chemically modified starches and
gelatin will lead to shortening of the expiration date 2-4 times due to decrease of structural
elements dispersion at storage. Hence, the physically modified MS were selected because of their
high water-bound properties as well as their ability to pass into a suspension state when contacting
with water leading to nucleation intensification.

2. METHODS AND AIMS OF RESEARCHES
The study deals with grounding the technology of “premium” class ice cream without food additives
as structure stabilizers. In order to determine the mixture viscosity the method of rotational
viscometry using the viscometer BrookFieldDV2+Pro (USA) with Rheocalc software V3. 1-1 was
applied. The precision of results obtained was not less+/- 1 % of the range used and reproducibility
not less 0.2 %. The microstructural method was applied using the microscope CX41RF (Japan)
with program control to study the state of air phase and ice crystals. The sizes of air bubbles and
ice crystals were defined, their average sizes were calculated. To improve the precision and

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2901

validity of measurements up to 10 photographs were taken and treated for each sample. The
results were processed using the ImageScope program. The resistance of ice cream samples to
thawing was defined. The ice cream capability to resist to thawing when maintaining ice cream at
20°С was studied. The thermostat and electronic balance were used; the sample temperature was
minus 18°С in the beginning of study.
2.1. Substantiation of efficiency of monostabilizers use in full-cream ice production
The study is based on the hypothesis of possible formation and keeping high dispersion of ice
crystals in ice cream at fat content not less that 15% when using physically modified stabilizers
(PMS) that intensify nucleation and retain water well in the product structure even at temperature
fluctuations.
2.2. Substantiation of selection of ice cream and stabilizers as subjects of inquiry
First, basing on analytical researches and experience the subjects of inquiry were selected. Ice
cream at 15% fat content fabricated using MS was chosen. Thanks to a high fat content at optimal
homogenization pressure it is possible to obtain a high dispersion of fat particles that may intensify
nucleation in suspension state after thermomechanical treatment in a freezer. In addition, at 7%10% dry skimmed-milk residue (DSMR) of full-cream ice the ratio of DSMR/fat will be 0.46-0.67
that is less than an optimal ratio (0.7). Hence, when processing in a freezer a partial destabilization
and agglomeration of the fat phase is possible (Goff and Hartel, 2016). The emulsifiers are just
purposely used in stabilization systems to reach these effects. Moreover, the structurization of the
fat phase of full-cream ice is possible due to a high fat content in the product. The fat content
remaining in the full-cream ice structure was defined experimentally by means of the fat content of
ice cream melt using 20 samples. As it follows from the data cited in Table 1 most of the fat (not
less 50%) was involved in the product structure formation when producing ice cream at 15% fat
content.
Table 1. Fat content in test samples (with food fibers)

Fat content of ice cream, %

Fat content of melt, %

12
15
18
20

9
7
5
3

Fat content retained in ice
cream structure, %
25
53
72
85

The selection of PMS is linked with their high water retaining and water absorbing capabilities as
well as their ability to form the suspension and granulated substances intensifying nucleation in
water solutions. It was defined that at 1.0-1.5 % content of the physically modified starch (PMSt)
and at 0.2-0.35 % content of food fibers (FF) in the mixtures for full-cream ice an optimal level of
dynamic viscosity 400-600 mPа∙s at 0.83 1/s shear rate was reached (Tvorogova, 2003). In
particular, when using FF the value of viscosity was close to the value of viscosity of the mixtures
with ESE (as illustrated by Table 2).
Table 2. Effective viscosity of ice cream mixtures

Ice cream mixture with FF
Fat
Fat
Mixture viscosity,
content,
content
mPа∙s
%
FF, %
12

0.45-0.6

207

15
18
20

0.3-0.35
0.2-0.25
0.15-0.2

435
525
630

Fat
content,
%
10
12
15
18
20

Ice cream mixture with ESE
Content
Mixture viscosity,
of
mPа∙s
stabilizeremulsifier
0.5-0.55
200-300
0.45
350-450
0.35-0.4
450-520
0.3
550-650
0.2-0.25
650-800
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2.3. Study of PMSt and FF influence on ice crystals and air bubbles dispersion
The influence of MS on dispersion of ice crystals and air phase was investigated. The studies
showed that the dispersion of ice crystals increased slightly as far as the fat content (12%, 15 %,
18 % and 20 %) of full-cream ice with FF increased, as illustrated by Fig. 1. In particular, the
proportion of ice crystals of 20 μm size after hardening was 4% in sample 1 and 8% in sample 4.

Figure 1: Ice crystals size distribution in full-cream ice at fat content 12% (sample 1), 15%
(sample 2), 18% (sample 3) and 20% (sample 4) after 1 month storage at -18°С

When estimating the influence of PMSt on dispersion of ice crystals, their high dispersion was
noted during storage; and it differed only slightly from dispersion at using ESE, as shown in Fig. 2.

Figure 2: Ice crystals size distribution in full-cream ice after 6 months storage.

As expected, the index “air phase dispersion” of ice cream with MS was found less competitive in
comparison with ice cream with ESE as illustrated by Fig. 3. It is to note a significant dispersion
decrease when using PMSt in ice cream.
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Figure 3: Air bubbles size distribution.

Fig. 4 demonstrates the microphotography showing a high content of tiny air bubbles in ice cream
with an integrated stabilizer-emulsifier.

Figure 4: State of air phase after 6 months storage in ice cream at 15% fat content: 1 – ESE, 2 - PMSt

2.4. Study of ice crystals dispersion in full-cream ice with PMSt at temperature fluctuations

The data given in Fig. 5 show better keeping of ice crystals dispersion of full-cream ice with PMSt at
temperature fluctuations in comparison with traditional ice cream. In particular, even after three temperature
fluctuations the value of the peak of the distribution derived curve is 47-48 μm in full-cream ice with ESE and
PMSt that is lower than the threshold of organoleptic perception (50 μm). But this index changes at
temperature fluctuations are more expressed in traditional ice cream (Tvorogova et al., 2016; Shobanova
and Tvorogova, 2018).
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Figure 5: Ice crystals size distribution in full-cream ice: a) with ESE b) with PMSt

The capability of PMSt to retain water in a gel structure exerts a stabilizing action on ice crystals
dispersion at temperature fluctuations. This capability was defined when studying the viscosity of
water solutions after thawing. It was determined that the viscosity of water solutions after thawing
increased 4-10 times depending on varieties of PMSt as shown in Fig. 6.

Figure 6: Effective viscosity of PMSt water solutions
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2.5. Study of PMSt and FF influence on full-cream ice thermal stability
An ice cream thermal stability is indicative of a stable state of this product. As expected, the
absence of an emulsifier when using PMSt and FF affects adversely the thermal stability of ice
cream as Fig.7 shows. Specifically, a melt content of ice cream with PMSt was 20%, with FF was
8%, but the melt was not observed in the sample with ESE. Consideration must be given to the
choice of the type of package. The package with a rigid surface is preferable.

Figure 7: Dependence of melt content on duration of ice cream maintaining at 20°С

3. CONCLUSIONS
1. The requirements for the fat content of “premium” class ice cream produced with
monostabilizers (not less 15%) and for monostabilizers used (ability to intensify nucleation and to
retain water in the product structure including possible temperature fluctuations) were defined and
proved experimentally. The use of “SenseFi” food fibers in the product in the form of suspension
and “Novation” physically modified starches as effective monostabilizers was grounded.
2. It was proved that monostabilizers affected much less a stable state of structural elements as
compared with effective stabilizers-emulsifiers. Therefore, the expiration date of ice cream
produced with physically modified monostabilizers should be fixed 6 months not more at
temperature not higher minus 18°С.
3. New factors of impact on structural elements stability in premium class ice cream were revealed.
These are: capability of monostabilizers to keep an initial viscosity of solutions after thawing and to
intensify nucleation in suspension state and the quantity of structure-forming fat remaining in the
product structure after thawing.

NOMENCLATURE
PMSt physically modified starch
MS
monostabilizers

FF
food fibers
ESE effective stabilizer/emulsifier
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ABSTRACT
The preservation of perishable food via cold supply chain is essential to extend shelf life and
ensure food safety. However, the use of refrigeration processes involves energy
consumption with economic and environmental impact. Increasing the temperature set point
in cold equipment could save energy, but the global cost may increase due to food waste or
safety issues.
This study focuses on the modeling of the energy consumption of cold facilities, food
temperature and bacterial growth in a puff pastry plant. Main components of production line
(kneader, cooling spiral and cold room) were considered. Different scenarios were tested to
evaluate the impact of operating conditions (setting temperature and duration) on energy
consumption, food waste and food safety.
This methodology helps manufacturers in decision making to optimize operating conditions
and reduce energy consumption with a limited impact on food waste and safety.
Key words: Multi-criteria analysis, energy consumption, temperature, food quality,
refrigeration process

1. INTRODUCTION
Refrigeration is crucial to ensure optimal preservation of perishable food products, extend
shelf life and provide consumers with safe food of high organoleptic quality. The use of
refrigeration for food is in constant growth in developed and developing countries and this
requires important energy consumption to cool down and to maintain food product at desired
temperatures. In EU states, cooling and freezing represent about 30 % of electricity
consumption in the food industry, a relatively high rate compared to other industrial sectors.
Public authorities and industrials are looking for solutions to reduce the impact of the
refrigeration facilities such as implementing new regulation to limit the use of high GWP
(Global Warming Power) fluids (Anonymous 2014), installation of doors on opened display
cabinet in supermarkets (Anonymous 2015), developing more efficient new technologies.
Another solution to reduce the impact of refrigeration process consists in modifying the
operating conditions, for example, by increasing the thermostat setting temperature of
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refrigerated equipment (Duret et al. 2019). However, because of accelerated product quality
alteration caused by higher temperatures, the global cost due to food waste or safety issues
may increase (Zanoni and Zavanella 2012). While numerous experimental and numerical
studies were conducted on food product temperature and energy consumption in cold chain
facilities: refrigerated transport (Merai et al. 2018), storage cold room (Duret et al. 2014,
Gruyters et al. 2018), display cabinet (Chaomuang et al. 2017, Ben-abdallah et al. 2018) and
domestic refrigerator (Laguerre and Flick 2010), few studies were conducted on food plants
(Lecoq et al. 2017, Parpas et al. 2017, Parpas et al. 2018). Moreover, these studies focused
on surface drying or on air distribution in food facilities but do not address the relationship
between food plant operating conditions, energy consumption, food temperature and food
quality.
The objective of this study is to propose an original multidisciplinary approach linking
prediction of food temperature, food quality and energy consumption of refrigeration
processes in a food plant. The proposed methodology was applied to a puff pastry plant. The
daily-recorded temperatures and energy consumption provided by an industrial manufacturer
and the data measured on site by our team were used in model development and validation.
The developed models were used to study the influence of operating conditions on the
product temperature, quality and energy consumption of cold facilities. In such a way, the
potential efficient measures to reduce energy consumption with a limited impact on food
quality can be identified.

2. MATERIALS AND METHODS

2.1 Product, production line and plant description
The studied product is a puff pastry of 0.23 kg per unit. The thermal heat capacity is 2760
J.kg-1°C-1. The production line described in Fig. 1 includes kneading, folding and lamination,
cutting, wrapping, cooling spiral, packing and storage in a cold room. A pending step
between packing and storage in the cold room is also included. The product flows through
the different steps by conveying line. Rooms’ dimensions, volume, operating conditions are
presented in Table 1. The air is distributed in the process room by blowing through textile
ducts. Cold air is provided in the cooling spiral and in the cold room by direct expansion coils.

Figure 1: Overview of the food plant
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Table 1. Dimensions (estimated from site plan) and current operating conditions (data provided
by the manufacturer)

Room

Floor
Surface Area
(m²)

Volume
(m3)

Setting
temperature
(°C)

Air distribution
system

2325
NE*

Wall Surface
Area (m²)
(including floor
and ceiling)
5600
NE*

Process
Spiral

10460
NE*

14°C
-25°C

320

970

1450

2°C

textile ducts
Direct expansion
coils
Direct expansion
coils

Cold room
* (NE) Non Estimated

2.2. Model development
Products were modeled individually for each production step from the kneader (k=0) to the
cold room (k=7). The product temperature was assumed uniform at each step. Because of a
short duration at each step, water transfer was considered as negligible. A discrete event
framework was used to describe the consecutive element of the processing line (i.e.
kneader, conveyor, cooling spiral...). In such a manner, the inclusion of additional events or
the modification of event sequences is possible, for example, refrigeration process
breakdown or periods of standstill which are difficult to manage. A first-order Monte Carlo
simulation was implemented to describe the variability of the operating conditions such as
product initial temperature, product cooling rates in the storage cold room. The model was
implemented in the Matlab software R2016b (MathWorks Inc., Natick, MA, USA) and is
available on request to the corresponding author.
2.2.1. Product temperature
2.2.1.1. Product initial temperature.
According to the manufacturer, dough temperature during and after the kneading (k=0) is
highly heterogeneous and depends on many parameters such as the external temperature
Text, the process room temperature Ta,p and the temperature of the cooling water flowing in
the double envelope of kneader walls Twater. These operating condition temperatures were
recorded every 10 minutes over 1 year (manufacturer data, 51408 measurements) while one
temperature per batch over 1 year was recorded (manufacturer data, 20899 measurements).
Because of the difficulty to develop heat transfer model to predict the product temperature
due to the complexity of the kneader (mixing of several ingredients of different initial
temperature, heat generation because of reactions between ingredients and mechanical
energy during mixing with variable speeds), a statistical approach was used assuming a
normal distribution of the dough temperature of one batch after the kneading (k=0).
Considering that conduction and convection are the main heat transfer modes while radiation
is negligible in the kneader, a linear correlation was considered between the batch average
temperature after kneading ̅
𝑇0 and the other known temperatures (𝑇𝑒𝑥𝑡 , 𝑇𝑎,𝑝 , 𝑇𝑤𝑎𝑡𝑒𝑟 ). For
these reason, the three known temperatures were considered as fixed effects while the batch
was considered as a random effect to predict the initial dough temperature after the kneading
(k=0).
𝑇0 ~𝑁(𝑇̅0 (𝑇𝑎,𝑝 , 𝑇𝑒𝑥𝑡 , 𝑇𝑤𝑎𝑡𝑒𝑟 ), 𝑆𝐷)

Eq. (1)

Where 𝑇̅0 is the batch average temperature (Eq. 2) and SD the standard deviation (SD=1.2).
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𝑇̅0 = 16.82 + 0.12 × 𝑇𝑒𝑥𝑡 + 0.20 × 𝑇𝑎,𝑝 + 0.10 × 𝑇𝑤𝑎𝑡𝑒𝑟

Eq. (2)

2.2.1.2. Product temperature change along the production line.
For each step of the production line from k=1 to k=7, the product temperature Tk(t) tends to
reach the ambient temperature Tair,k. The product temperature evolution can be represented
by Eq. 3.
𝑇𝑘 (𝑡) = 𝑇𝑎𝑖𝑟,𝑘 + (𝑇0,𝑘 − 𝑇𝑎𝑖𝑟,𝑘 ) × 𝑒

−𝑡⁄
𝜏𝑘

Eq. (3)

where T0,k the product initial temperature at the step k, t the time and τk the characteristic
time of the product in the step k. The characteristic time τk is defined as:
𝜏𝑘 = 𝑚 × 𝐶⁄ℎ × 𝐴
𝑘
𝑘

Eq. (4)

With m product mass (kg), C product heat capacity (J.kg-1.°C-1), hk convective heat transfer
coefficient between product and air at step k (W.m-2.°C-1), 𝐴𝑘 , exchange surface area
between product and air at step k.
For certain steps where the experimental product temperature change was available (Fig.
2a), the characteristic times of the product 𝜏𝑘 was determined from the slope of the
dimensionless temperature (T*, T ∗ =

Tp,k (t)−T0,k
Tair,k −T0,k

) as a function of time (Fig. 2b).

Figure 2: Illustration of the method to calculate the characteristic time. (a) Temporal evolution
of product temperature. (b) The characteristic time τk can be calculated from the slope of the
curve (Hoang et al., 2012)
Calculated τk values of the products at the different steps are presented in Table 2.
Table 2. Calculated τk values of the products at the different steps

Step
Lamination and folding
Conveyor 1
Conveyor 2

τ (min)
+∞
15 min
54 min

Cooling spiral

55 min

Conveyor 3

54 min

Pending

[202; 299] min

Cold room

[275; 805] min

Determination method
No temperature variation
Calculation (Eq. 4)
Experimental temperature
(Fig. 2)
Experimental temperature
(Fig. 2)
Experimental temperature
(Fig. 2)
Experimental temperature
(Fig. 2)
Experimental temperature
(Fig. 2)
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2.2.2. Energy consumption
The energy consumption model was developed to evaluate the energy required for the
refrigeration of the food plant in function of the operating conditions (i.e. setting temperature,
external temperature, production throughput…). The total heat generation PT (W) is
composed of heat generation from the walls (Pw), product (Pp), air renewal (Pair), lights (Pf),
machines (Pm), fans (Pf) and doors (Pd) (Evans et al. (2014) :
𝑃𝑇 = 𝑃𝑤 + 𝑃𝑝 + 𝑃𝑎𝑖𝑟 + 𝑃𝑙 + 𝑃𝑚 + 𝑃𝑓 + 𝑃𝑑

Eq. (5)

The electrical consumption QT (J) of the equipment was calculated using Eq. 5:
𝑃𝑇 × 𝑑𝑡
𝑄𝑇 =
𝜂 × 𝐶𝑂𝑃

Eq. (6)

With η the global performance coefficient of the cooling unit (η is considered to be 0.5) and
COP the coefficient of performance of Carnot. The COP corresponds to the ratio of the
provided cooling to the work required (not including thermodynamic irreversibility in the
refrigerating machine) and can be calculated as below:
𝐶𝑂𝑃 =

𝑇𝑐𝑜𝑙𝑑
𝑇ℎ𝑜𝑡 − 𝑇𝑐𝑜𝑙𝑑

Eq. (7)

with Tcold and Thot the temperatures of the cold and hot sources, respectively. These
temperatures can be estimated from the thermostat temperature (Tth), and the ambient
temperature (Ta) considering a temperature pinch of 10°C (temperature difference between
the air and the refrigerant in the evaporator), i.e. Tcold = Tth-10 and Thot=Text+10. For the
majority of the cold production system, the air temperature at the evaporator outlet is close to
the thermostat temperature Tth.
2.2.3. Microbiological quality change along the production line
A generic microbial growth without lag time is proposed to evaluate the log increase of the
bacterial population in function of the product temperature is proposed as below.
𝑑𝑄
𝑇 − 𝑇𝑚𝑖𝑛
= 𝜇𝑅𝑒𝑓 × (
)
𝑑𝑡
𝑇𝑟𝑒𝑓 − 𝑇𝑚𝑖𝑛

Eq. (8)

with µref the reference growth rate (=0.3 h-1), Tref and Tmin the reference and minimal growth
temperatures, respectively set at 25°C and 0°C. Validated growth models for Listeria
monocytogenes and lactic acid bacteria will be integrated in further study.
2.3. Description of studied scenarios
Six scenarios are proposed to evaluate the impact of the operating conditions on the energy
consumption and products quality (Table 3). Results were expressed relatively to the
reference scenario (#1). Results of each scenario were normalized to the scenario 1
(Reference of this study), to provide a relative measure (Table 4).
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Table 3. Studied scenarios

Scenario
number

T° ext

T° air in
spiral

T° air in
cold room

Description

20°C
20°C

T°
process
room
14°C
14°C

Ref (#1)
#2

-25°C
-25°C

2°C
4°C

#3

20°C

16°C

-25°C

4°C

#4
#5

20°C
40°C

14°C
14°C

14°C
-25°C

2°C
2°C

#6

40°C

20°C

-20°C

4°C

Reference condition
Increased air temperature
in cold room
Increased air temperature
in cold room and in
process room
Cooling spiral outage
Hot day without technical
issue
Hot day with limited power
of refrigeration processes

3. RESULTS AND DISCUSSION
3.1. Product temperature change along the production line.
The reference scenario (#1, Table 3) was used for the simulation and the results are reported
in Fig. 3 for six random initial product temperatures (after kneading). These temperatures
were obtained by Eq. 1 considering normal distribution of the known temperatures
(𝑇𝑒𝑥𝑡 , 𝑇𝑎,𝑝 , 𝑇𝑤𝑎𝑡𝑒𝑟 ). As expected the cooling spiral (k=4) can easily be identified on the
temperature profiles. The temperature tends to increase after the spiral (k=5) and in the
pending zone, with a slow decrease in the cold room. Precautions on the duration of the
pending during product packing have to be made by the manufacturer to avoid product
temperature increase.

Figure 3: Temperature evolution along the chain of six random products of one batch; time = 0
min corresponds to step k=0 (after kneading). *Products in pending zone (k=6) have different
durations, e.g. if a palette loading is starting or about to end, duration of products varies

3.2. Influence of operating temperatures on energy consumption and quality loss
The six scenarios (Table 3) were used for the simulation and the results are reported in
Table 4 in terms of daily energy consumption relative to the reference scenario, % of
products with temperature < 6°C at the entrance and exit of the cold room and the
microbiological quality loss compared with the reference scenario. It is to be emphasized that
the recommended temperature is 6°C. The analysis of the scenario 6 shows that 42% of
product with temperature < 6°C after 6h, 94.5% after 12h and all of them (100%) after 18h.
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Increasing temperature in the process room and the cold room (scenarios 2 and 3,
decreases energy consumption by 12 and 18% with a limited impact on food quality (<1%).
Table 4. Results of simulation of scenarios

Scenario
number

% Reference
daily energy
consumption
(normalized)

% of products
% of products <6°C
% Reference
<6°C at the
at the exit of the cold
microbiological
entrance of the
room
quality loss
cold room
(1 day)
(normalized)
Ref
98.5%
100%
#2
-12%
98.5%
100%
-0.4%
#3
-18%
84.3%
100%
-0.5%
#4
*
0%
100%
-2.8%
#5
+72%
92.83%
100%
-0.2%
#6
+33%
0.2%
100%
-1.5%
*Comparison is not relevant because of the outage of the cooling spiral.

3.3. Influence of season on energy consumption
Simulations were carried out by using the external air temperature (Text) recorded every 10
minutes by the manufacturer in summer, fall and winter. The results of the daily energy
consumption of the production line room and cold room are presented in Table 5. Information
on the energy consumption of the cooling spiral could not be retrieved. While differences can
be observed between predicted and measured data, overall, the trend is acceptable with
higher energy consumption during the summer and lower energy consumption during the
winter. These differences might be explained by the uncertainty of the model and the
difficulty to include all characteristics of the food plant (air infiltration, machines, deterioration
of the isolation). For example, the model largely underestimates energy consumption in the
cold room during the winter with a total of 56 kWh per day while a total of 215 kWh per day
was measured. More detailed onsite investigation will be conducted to characterize these
differences.
Table 5: Influence of the external air temperature on the energy consumption of production line
and cold room (comparison between predicted and measured results)

Summer day
Fall Day
Winter Day
06/21/2017
10/02/2017
02/28/2018
(Average Text = 27°C)
(Average Text = 15°C)
(Average Text = -1.8°C)
Predicted
Measured
Predicted
Measured
Predicted
Measured
(kWh / day) (kWh / day) (kWh / day) (kWh / day) (kWh / day) (kWh / day)
Production
line room
Cold room

1258
699

928
803

786
531

669
547

201
56

349
215

4. CONCLUSION
This study proposes an original multidisciplinary approach linking prediction of food
temperature, food quality and energy consumption of refrigeration processes in a food plant.
More precisely, this study focuses on a production line of puff pastry including kneading,
folding and lamination, cutting, wrapping, cooling spiral, packing and storage in a cold room.
Temperature and energy consumption data provided by the manufacturer and measured by
our team were used to develop and validate the model. Six scenarios simulating issues
encountered by the manufacturer (hot days, equipment failures) and solution to reduce
energy consumption were tested. The impact of these scenarios on the food quality was
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evaluated. The slight increase of temperature setting of the air in the process room and in the
cold room could reduce energy consumption with a limited effect on food quality degradation.

REFERENCES
Anonymous, 2014. Regulation (EU) No 517/2014 of the European Parliament and of the
Council of 16 April 2014 on fluorinated greenhouse gases.
Anonymous. (2015). "Fermeture des meubles frigorifiques de vente à température positive.
BAT-EQ-124. Journal officiel de la république française - N°75 du 29 mars 2015."
Retrieved
April
04,
2018,
from
http://atee.fr/sites/default/files/bat-eq-124fermeture_meubles_frigorifiq_de_vente_a_temperature_positive.pdf.
Ben-abdallah, R., D. Leducq, H. M. Hoang, O. Pateau, B. Ballot-Miguet, A. Delahaye and L.
Fournaison, 2018. Modelling and experimental investigation for load temperature
prediction at transient conditions of open refrigerated display cabinet using Modelica
environment. Int. J. Refrigeration.
Chaomuang, N., D. Flick and O. Laguerre, 2017. Experimental and numerical investigation of
the performance of retail refrigerated display cabinets. Trends Food Sci Technol, 70,(95104.
Duret, S., H.-M. Hoang, E. Derens-Bertheau, A. Delahaye, O. Laguerre and L. Guillier,
Combining Quantitative Risk Assessment of Human Health, Food Waste, and Energy
Consumption: The Next Step in the Development of the Food Cold Chain? Risk Anal,
0,(0).
Duret, S., H. M. Hoang, D. Flick and O. Laguerre, 2014. Experimental characterization of
airflow, heat and mass transfer in a cold room filled with food products. Int. J.
Refrigeration, 46,17-25.
Evans, J. A., A. M. Foster, J. M. Huet, L. Reinholdt, K. Fikiin, C. Zilio, M. Houska, A.
Landfeld, C. Bond, M. Scheurs and T. W. M. van Sambeeck, 2014. Specific energy
consumption values for various refrigerated food cold stores. Energ Buildings,
74,(Supplement C), 141-151.
Gruyters, W., P. Verboven, M. Delele, S. G. Gwanpua, A. Schenk and B. Nicolaï, 2018. A
numerical evaluation of adaptive on-off cooling strategies for energy savings during longterm storage of apples. Int. J. Refrigeration, 85,431-440.
Hoang, H. M., D. Flick, E. Derens, G. Alvarez and O. Laguerre, 2012. Combined
deterministic and stochastic approaches for modelling the evolution of food products
along the cold chain. Part II: A case study. Int. J. Refrigeration, 35,(4), 915-926.
Laguerre, O. and D. Flick, 2010. Temperature prediction in domestic refrigerators:
Deterministic and stochastic approaches. Int. J. Refrigeration, 33,(1), 41-51.
Lecoq, L., E. Derens, D. Flick and O. Laguerre, 2017. Influence of air dehumidification on
water evaporation in a food plant. Int. J. Refrigeration, 74,435-449.
Merai, M., D. Flick, L. Guillier, S. Duret and O. Laguerre, 2018. Experimental characterization
of airflow inside a refrigerated trailer loaded with carcasses. Int. J. Refrigeration, 88,(337346.
Parpas, D., C. Amaris and S. A. Tassou, 2017. Experimental investigation and modelling of
thermal environment control of air distribution systems for chilled food manufacturing
facilities. Appl. Therm. Eng, 127,1326-1339.
Parpas, D., C. Amaris and S. A. Tassou, 2018. Investigation into air distribution systems and
thermal environment control in chilled food processing facilities. Int. J. Refrigeration, 87,
47-,64.
Zanoni, S. and L. Zavanella, 2012. Chilled or frozen? Decision strategies for sustainable food
supply chains. Int. J. Prod. Econ, 140,(2), 731-736.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2915

Manuscript id: 303
DOI: 10.18462/iir.icr.2019.0303

Freezing and storage of seaweed
Tom S. NORDTVEDTa, Pierrick STEVANTb, Erlend INDERGÅRDa
a

SINTEF Ocean,
7465 Trondheim, Norway, Tom.S.Nordtvedt@sintef.no
b
Møreforskning,
6021 Ålesund, Norway

ABSTRACT
Industrial utilization of macroalgae is in a rapid development in Europe, where the final products
have several applications such as food and health, feed, manure, biofuels and chemicals. Norway
has an extensive coastline and an existing know-how on processing of marine raw material and
related infrastructure, thus, is a prime candidate for developing a bio-economy based on cultivation
and processing of seaweeds. Many studies have focused on improving the quality of biomaterials
(e.g. fruits, meat, fish) however, little efforts were committed to optimize the quality of frozen
seaweeds.
The effect of refrigerated seawater (RSW) storage and frozen storage and thawing methods on the
biomass quality of cultivated S. latissimi shows prolonged shelf life but also some challenges.
Indicators commonly employed in food research, i.e. weight variations, texture, colour, bacterial
load, were used to assess the quality of the biomass.

1. INTRODUCTION
Industrial utilization of macroalgae is in a rapid development in Europe, where the final products
have several applications such as food and health, feed, manure, biofuels and chemicals.
Seaweeds can be cultivated on large scale in costal areas and may therefor offer superior
alternatives to the production of terrestrial biomass and related challenges, such as high demand
on fresh water resources. Norway has an extensive coastline and an existing know-how on
processing of marine raw material and related infrastructure, thus, is a prime candidate for
developing a bio-economy based on cultivation and processing of seaweeds. Recent efforts from
research, industry and public authorities have been committed to develop a bio economy based on
seaweed biomass and future perspectives for industrial development are positive (Stevant et al.
2017b). One of the main challenges for industrial players is to preserve the biomass since
seaweeds are characterized by a rapid microbial decomposition once harvested (Enriquez et al.
1993). Substantial volumes are typically harvested within a limited time frame in the kelp cultivation
(approximately 4-6 weeks for Sachharinalatissima and Alaria esculenta), setting standards for
efficient processing strategies (Stevant et al. 2017b). Preservation methods that (i) minimize losses
of valuable compounds, (ii) ensure product safety and (iii) limit the energy use and associated
costs, are key to increase profitability of the industry. Despite a large body of literature reporting on
the bioactive content of various seaweed species (Holdt and Kraan 2011; Schiener et al 2015;
MacArtain et al. 2017), relatively few studies on preservation techniques and their impact on the
valorisation of valuable compounds have been undertaken. Primary processes of harvested
seaweeds using convective air-drying can effectively stabilize the biomass but require technology
and may be difficult to implement close to harvesting sites.
Freezing is one of the most widely used method of long-term food storage. By changing the
physical state of the liquid water in the food into ice, the growth of microorganisms is stopped, and
the rate of biochemical reactions governing food deterioration is limited. The loss of quality in
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frozen foods depends primarily on storage temperature and duration, as well as thawing
procedures (Rahman and Velez-Ruiz 2007). Many studies have focused on improving the quality
of biomaterials however, little efforts were committed to optimize the quality of frozen seaweeds.
Choi et al. (2012) suggested freezing at -30°C in polyethylene bags containing 50% seawater then
thawing in running tap water for 6 hours as a simple method for the long-term storage of freshly
harvested wakame (Undaria pinnatifida), preventing from significant losses of quality compared to
the fresh material. However, using seawater as a freezing medium will considerably increase the
energy requirements of the processes along with the costs associated to the transport and storage
of the frozen material in a commercial setting. The present work reports report on the effect of
frozen storage and thawing methods on the biomass quality of cultivated S. latissima. Indicators
commonly employed in food research, i.e weight variation, texture, color, bacterial load, were used
to assess the quality of the biomass. Technical aspects and energy requirements related to the
studied process are also studied.

2. MATERIAL AND METHODS
2.1

Seaweed material

Biomass of S. latissima was harvested at Seaweed Energy Solution (SES) at Frøya on June 7,
2017, then 200 kg was transported to SINTEF Oceans laboratory facilities in a tank filled with
seawater. The seaweeds were stored overnight in a large tank (2 m3) provided with a (9 °C) flowthrough system. The biomass entered two separate experiments studying the effects of i) RSW
storage and ii) freezing and subsequent thawing methods on the biomass quality. The latter is
reported in this paper.
2.2
Freezing and thawing
Individual bags containing at least 3 kg of S. latissima blades were prepared and weighted. The
samples were frozen at -25 °C using impingement freezing technology (Frigoscandia, ADVANTEC)
then stored in a freezer warehouse at -25 °C. The sample bags were taken after 1, 3, 6 months
and 11-months storage, then either thawed in a laboratory incubator maintained at 20 °C during 24
h or in running tap water at 13 °C and 1 L min-1 during 10 h. Both thawing methods at each
sampling time were tested in triplicates and the samples analyzed for their color, texture, drip loss,
dry matter content and microbial load.
2.3
Quality parameters
Wet weight (WW) In each of the three RSW tanks, 12 blades of S. latissima were marked and
weighed to monitor the variations in FW of the biomass. Prior to weighing, the seaweed blades
were hanged from their stipe for 30 seconds to remove the excess water and standardize the
measurement. The results were expressed in % of the initial blade weight.
Dry weight (DW) The DW was determined gravimetrically as the residue remaining after drying in
a laboratory oven at 105 °C for 24 h. Each measurement was performed in triplicate.
Surface color The surface color of the samples was analyzed by a computerized image technique
known as computer vision system (CVS) as described in Stévant et al. (2017a).
Texture The tensile strength of thawed S. latissima blades was measured using a TA.XT plus
texture analyzer (Stable Micro Systems Ltd, Godalming, UK) following the method adapted from
Choi et al (2012).
Drip loss following freezing and thawing reflects the amount of liquid lost from the seaweed blades
after thawing and was calculated as following (1):
𝑊!
×100
𝑊!
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Where WL is the weight of the liquid fraction from the thawed samples and Wi is the initial weight of
the samples.
Microbial load Approximately 5 g of seaweed samples were diluted in a ratio 1 to 10 using
peptone water (pH 7.0 ± 0.2) and homogenized in a stomacher (Seward Ltd, Worthing, UK). Five
serial dilutions were then plated (1 ml) onto distinct types of count plates, namely aerobic, coliform,
and yeast and mold count plates (3M Petrifilm, Maplewood, MN, USA). The microbial load of the
samples was expressed in colony forming unit (CFU) per g of fresh sample.
Statistical analysis
All statistical analyses were performed on R software (version 3.4.4, R Development Core Team
2018) including functions from the nlme package (Pinheiro et al. 2017). Raw data were preprocessed for descriptive statistics and the results expressed as mean ± standard error (n = 3,
unless stated otherwise). The differences among treatments (between-subject variable) over time
(within-subject variable) in quality parameters were analyzed by repeated measures analysis of
variance (RM ANOVA, R function lme) at p < 0.05.
Energy requirements
The freezing process can be divided into 3 stages, a first stage where the temperature of the
product is lowered down to the initial freezing point (approximately -1 °C), then a phase change of
the water from liquid to ice and the final stage where the temperature is lowered down to the
storage temperature (-25 °C). While the energy requirements associated to the first and final
stages can be estimated using the equation (2), the energy to be removed during the phase
change was calculated using the equation (3):
𝑄 = 𝑚×𝐶! ×∆𝑇
Eq. 2
𝑄!"# = 𝑚×𝑙!"#

Eq. 3

Where lice is the latent heat of ice, m is the mass (in kg), Cp is the specific heat (in kJ kg.K-1) and
ΔT is the temperature change (in K). The estimation of the energy needed for frozen storage at 25°C is described in Magnussen and Nordtvedt (2006).
The energy consumption (W, in kWh) of a cooling or freezing process highly depends on the
coefficient of efficiency (COP) of the system (RSW unit or freezer) defined by the equation (4):
𝐶𝑂𝑃 =

𝑄
𝑊

Eq. 4

For the frozen storage processes, a COP of 3 was used to estimate the associated electrical
energy requirements. The values used for the calculation of the energy requirements of both
processes and the costs associated are given in table 1.
Table 1: Values used for the calculation of the energy requirements frozen storage of S. latissima and
associated costs

Variable
Cp

Value
4.2 kJ kg.K-1

Cp

3 kJ kg.K-1

Specific heat of fresh S. latissima

Cp

2 kJ kg.K-1

Specific heat of frozen S. latissima

lice

335 kJ kg-1

Latent heat of ice

ds

-3

300 kg m

0.4 NOK kWh

Definition
Specific heat of seawater

Density of frozen and packed S. latissima
-1

Estimated energy costs for the industry in Norway
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3. RESULTS AND DISCUSSION
Table 2: Results (p-values only) from RM ANOVAs for individual quality parameters measured on S.
latissima samples following freezing and two thawing methods. Significant results (p < 0.005) are indicated in
bold.

Independent
variable

Thawing

Time

Thawing * Time

DW

0.411

< 0.001

0.664

Drip loss

0.593

0.003 a

0.341

Color (ΔE)

0.388

0.150 a

0.053

0.082

< 0.001

< 0.001

Dependent variable

Texture (peak
load)

Independent variables are (i) thawing (2 levels: air, running water), (ii) time (5 levels: 0, 32, 110,
187, 308 days, except for a, 4 levels: 32, 110, 187 308). Within-group replication: n = 3.
Dry weight
The quality of frozen S. latissima stored over a 10 months-period and thawed using two different
methods was investigated. The initial DW of the biomass was 9.29 % as mentioned in the previous
section. The DW of the biomass increased during the experiment (fig. 1) up to over 15 % of the
initial DW after 10 months of storage, indicating fluid losses from the seaweed material following
freezing and subsequent thawing. The observed variations in DW did not differ with regard to the
thawing method employed (table 2). These results were confirmed by considerable drip losses
observed at each sampling time, exceeding 40 % of the initial weight of the samples (fig. 2). The
extent of the losses and the aspect of the liquid fraction from the thawed samples, i.e. a viscous
brown solution, suggest that the fluids lost during the process also contained phytochemical
compounds.

Figure. 1: Variations in DW of S. latissima following freezing storage and two thawing methods.
Values are given as mean ± standard error (n = 3)

Drip loss
Drip loss reflects structural damages within a biomaterial and is influenced by several factors
intrinsic to the food product and the conditions of both the freezing and thawing processes. In plant
tissue, ice generally forms in the extracellular matrix because cell walls constitute a physical barrier
to crystal growth. This leads to an increase in solute concentration in the unfrozen portion of the
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matrix during the freezing process (Reid and Barett 2004; Rahman and Velez-Ruiz 2007). Due to
the osmotic potential between the intra- and extracellular spaces, water migrates out of the cell
contributing to the growth of extracellular ice and resulting in cell dehydration and shrinkage, and
subsequent membrane damage. This water does not return to the cell upon thawing, resulting in
drip loss. (fig. 8, table 2).

Figure. 2: Drip losses in S. latissima following
freezing storage and two thawing methods.
Values are given as mean ± standard error (n =
3)

Figure. 3: Total color variation (ΔE) of S.
latissima following freezing storage and two
thawing methods. Values are given as mean ±
standard error (n = 3)

Colour of the seaweed
The variations in the surface colour of the samples (defined by the color coordinates L*, a* and b*)
were recorded using a computerized image analysis and the total colour variation (ΔE) reflected
the variation in each of the three coordinates during the storage period as compared to the initial
values measured on the samples prior to freezing and storage. No significant differences in ΔE
were detected either across sampling times or thawing methods (fig. 3, table 2).
Texture
In this study, the tensile strength of S. latissima, i.e. the force required to disrupt the blade, was
significantly reduced by the freezing process, regardless of the thawing method employed (fig. 4,
table 2). This textural property may be influenced by the blade size which was highly variable
among the individuals analyzed (blade width in the range of 9 to 23 cm) hence, potentially acting
as a confounding factor. However, this hypothesis was rejected following the lack of correlation
between blade width and tensile strength (r2 = 0.01, n = 140). The decrease in tensile strength is
likely the result of cell damage and extensive structural alteration. In kelp species, cell walls are
mainly composed of alginates which is also the main skeletal compound of the intercellular matrix
in brown algae, giving the plant both mechanical strength and flexibility. Alginates are widely used
in the industry because of its ability to retain water, and its gelling and stabilizing properties. The
loss of tensile strength in S. latissima observed in this study, may be the result of the degradation
of the alginate matrix. Furthermore, the viscosity of the liquid fraction indicates the release of large
molecules, possibly alginates, through drip losses. Fucoidans, another group of water-soluble
polysaccharides, are considered as cell-wall reinforcing molecules (Stiger-Pouvreau et al. 2016).
Their degradation and loss following the freezing and thawing processes may also contribute to the
reduction in mechanical strength, although the amount of fucoidan in S. latissima harvested in
May-June is reported low (Stévant et al. 2017a).
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Figure. 4: Variation in tensile strength (peak load) of S. latissima following freezing storage and two
thawing methods. Values are given as mean ± standard error (n = 3).

Microbial load on seaweed
Frozen and thawed S. latissima samples were analysed for their microbial load, including the total
number of aerobes, yeasts and molds, and coliforms, using standard culture-based techniques in
food control. The results were compared to those from fresh samples after harvest. Freezing
greatly reduced to the microbial load of S. latissima which remained stable at low levels during the
entire storage period (10 month). Although yeasts and molds were detected in low number in the
initial biomass (< 100 CFU g-1), they were not observed in the frozen and thawed samples (< 10
CFU g-1). No coliforms (< 10 CFU g-1) were detected in any of the analyzed samples. In
vegetables, freezing causes the apparent death of 10 to 60 % of the viable microbiota, a
percentage that gradually increases during frozen storage (Rahman and Velez-Ruiz 2007). There
is considerable variation in the ability of bacteria to resist damage by freezing. Freeze injury of
bacterial cells involves damage to the membrane from crystallisation, especially upon rapid
cooling, and osmotic stress caused by extracellular ice formation hence, increasing solute
concentration (Archer et al. 1995). Osmotic stress likely played an important role in the drastic
reduction of the bacterial load of S. latissima samples in this study, given the high mineral content
reported in this kelp species (Schiener et al. 2015; Stévant et al. 2017a). The main concern
regarding food safety, come from micro-organisms that are likely to survive the freezing treatment
and grow following thawing of the product, such as spores of the genus Clostridium and Bacillus.

Figure 5: Microbial load (total aerobes) of S. latissima following freezing storage and two thawing
methods. Values are given as mean ± standard error (n = 3).
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Energy requirements associated with frozen storage
As the freezing process is divided in three stages (see material and methods section), the energy
requirements associated to each of the stages must be calculated separately. Using the equation
(2), the energy needed to cool down the biomass from 8 °C to -1 °C and from -1 °C to -25 °C are
estimated to 27 and 48 kJ kg-1 respectively (using Cp = 3 kJ kg K-1 for fresh and Cp = 2 kJ kg K-1 for
frozen seaweeds). The energy need associated to the phase change of water from liquid to ice is
335 kJ kg-1, resulting in a total 410 kJ kg-1 (or 0.114 kWh) required for the entire freezing process.
Given a COP of 3 for the equipment (i.e. impingement freezer), the electrical energy demand
associated to the freezing process of S. latissima will be 0.038 kWh kg-1 or 38 kWh t-1.
The energy requirement for frozen storage at -25 °C is described by Magnussen and Nordtvedt
(2006) and estimated to 0.12 kWh m-3 day-1. The scenario of packing 10 kg of seaweed biomass in
standard storage boxes (0.4 x 0.4 x 0.2 m) was used to provide a realistic estimate of the density
of frozen S. latissima (300 kg m-3, table 1). Given this estimate, the energy use for the frozen
storage of S. latissima at -25 °C will be 0.4 kWh t-1 day-1, hence, 123.2 kWh t-1 over a 10-months
period (308 days). The costs associated to both the freezing process and the frozen storage for 10
months will then be 64.5 NOK t-1.
Another storage method for seaweed is drying. In NFR 244244 PROMAC project, investigations
have been made on how much energy is needed to dry and store S. latissima. Assuming it is
necessary to dry to 10 % moisture content, 1,16 kWh/kg (raw) has then to be removed from the
seaweed according to Walde (2017). A storage of this dried algae at 12°C for 10 months will
require 207 kWh t-1 (from PROMAC Memo T2.5 Energy requirement Storage of Seaweed, 2018).
The cost associated for drying and storage will then be 629.7 NOK t-1.

4. CONCLUSIONS
Freezing and subsequent thawing of S. latissima resulted in considerable drip loss (over 40 % of
the initial samples’ weight) regardless of the thawing method employed. This is likely due to the
high mineral content of the biomass (25 to 45 % DW reported in the literature) resulting in
extensive osmotic damage to the cell membranes as a direct consequence of freeze-concentration
during the process. In addition, enzymatic degradation during frozen storage may have occurred
during the storage period. The extent of the losses clearly compromises the quality of the product
to be used in fresh form after thawing. A pre-treatment step consisting of fresh water soaking at
high temperature (i.e. blanching) will both reduce the mineral content of the biomass and inactivate
enzyme responsible for the quality alterations during storage. While optimal freezing protocols of
foods aim at maintaining tissue integrity, textural and sensory attributes of the biomaterial, radical
alterations such as extensive cell rupture, may facilitate the recovery of intracellular compounds in
biorefinery processes. The characterization of both the solid and liquid fractions from thawed S.
latissima is envisaged which will give information on the possible advantage of implementing this
process as a pre-treatment step for the recovery of multiple compounds on a commercial scale.
Besides, future studies should determine the optimal conditions during the freezing processes of S.
latissima in order to i) maintain the quality and integrity of S. latissima as food and ii) facilitate the
extraction of valuable phytochemical compounds.
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ABSTRACT
Wild caught fish is divided into pelagic (Herring, Mackerel) and demersal fish (Cod, Saithe and
Haddock). Pelagic fish is caught in large quantities and transported fresh to processing on land. Ice
was earlier used for chilling of fish, but because of large amounts of fish onboard, tanks with
refrigerated sea water (RSW) has been used since the 1960s for chilling of pelagic fish. The water
is chilled in a refrigeration system and circulated through the fish tanks. The efficiency of the chilling
is dependent of the ratio of water and fish, species and water flow. The most common pelagic
species caught are mackerel, herring and blue whiting. Each of them has different floating pattern
in the tanks and the ratio of fish and water is also different depending on species.
To investigate the efficiency of chilling, a fishing vessel has been equipped with temperature sensors
in two identical tanks, where one of them has possibility to change the flow pattern. Temperature
profiles and flow pattern from research cruises where blue whiting was caught show that small
changes in flow pattern has a large impact on average fish temperature. It has given input to
improved management of the RSW system.

1. INTRODUCTION
The pelagic fish industry is the largest industry based on wild caught fish. Norway's share of herring
and mackerel in 2018 was 874 800 tonnes. The fish is caught mainly with purse seiner and is
transported fresh to processing on land. The development within the pelagic fish industry has
increased since the 1960s. The fishing vessels has increased and are more effective in catching
fish. The traditional way of storing the fish are boxes with ice that were labour intensive and often
led to elevated fish temperatures during transportation. This results in poor quality and a large share
of the catch had to be processed to oil and fishmeal with low profit. During the 1980s fish tanks with
refrigerated seawater (RSW) was introduced and became the preferred method for preserving
pelagic fish onboard. The requirements for the fishing vessel are insulated tanks, enough cooling
capacity to chill and keep the temperature at -1 °C and circulation in the tanks to ensure even
temperature. These requirements for equipment's and methods differs between vessels, but it still
resulted in higher quality of the products. The onboard RSW chilling resulted in that almost all pelagic
fish were frozen in onshore processing plants and sold for human consumption and not for fishmeal
and oil production. Today, this industry stands for about 25% of Norway's fish export (Statistics
Norway 2018).
The efficiency of refrigerated seawater (RSW) chilling is dependent the ratio of water and fish,
species and flow. The most common pelagic species caught are mackerel, herring and blue whiting.
Each of them has different behaviour in water and ratio of fish and water.
To improve the quality and get better price it is important to have control of the circulation in the
tanks. Especially when catching blue whiting and herring there is a problem with clogging of the fish.
This happens if the temperature is not lowered fast enough and if the ratio of fish and water is to
high. To avoid this, it has been searched for measures which can improve the circulation in the
tanks.
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2. DESCRIPTION OF THE FISHING VESSEL
To investigate the efficiency of chilling and other aspects, the fishing vessel Selvåg Senior has been
equipped with temperature sensors in two equally tanks where one of them has possibility to change
the flow pattern. Selvåg Senior is a combined vessel from the Meløy municipality of Nordland,
equipped with purse sein and pelagic trawl. The boat is owned by the shipping company Selvåg
Senior AS. The vessel was built in 1999, the length and width are 67.4 x 13 m and has a gross
tonnage of 1969 tons. The main engine is a Wärtsilä NSD 21V32.
Purse sein is used for the fishing of herring (NVG and North Sea Herring), mackerel and caplin, while
trawling is used in fishing for greater silver smelt and blue whiting.
All fish go to human consumption, apart from blue whiting and sometimes caplin, which is essentially
going to industry application (fishmeal and oil). However, there are previously attempted fishing for
human consumption of blue whiting with varying experience and result. When fishing for human
consumption, special considerations are taken to ensure fish quality, including the degree of fill in
the tanks (fish/water) is typically approx. 60%, while the degree of fill of blue whiting fishing for
fishmeal and oil use typically is around 90%.

Figure 1: Selvåg Senior

Approximately 45 % of the cargo capacity are in the 3 main tanks in section 3, furthest aft of the
vessel (see Fig. 2). Challenges with uneven cooling occurs according to the machinist primarily in
section 3, Tank BB 3 (left side), S 3 (center) and SB 3 (starboard), each on respectively. 294, 300
and 294 m 3.
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Figure 2: Overview of RSW tanks (green and red lines indicates walls of the tanks).

2.1 Refrigeration
The refrigeration plant consists of 2 separate vapor compression systems with 100 kilograms of
ammonia in each system. Separate systems ensure cooling of the cargo even if one system would
fail. There are two compressors (Howden), each having a cooling capacity of 1020 KW. Fig. 3 shows
one of the compressor units in the refrigeration system. The refrigeration system is 2 years old.

Figure 3. Compressor units.

The chief engineer is pleased with the plant as it offers good flexibility, good capacity and good
reliability. Compressors, RSW-circulation pumps and condenser pumps have all frequency
converters. The frequency converters are assembled by the engine compartment but can also be
controlled from control rooms.
The two RSW circulation pumps each have a capacity of 720 m 3/hour. Circulation to sections 1-3
can be done separately. Fig. 4 shows the management of the circulation pumps in section 3 covering
tank BB3, SB3 and S3. The pumps can be controlled from control rooms manually. Regarding the
refrigeration plant, the energy consumption measured during the cruises can be used to compare
with a system running on CO2 under the same conditions. This will be a continuation of the work
described in (Widell et al. 2016).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2926

Figure 4. Management of circulation pumps in section 3 with the three biggest tanks of 300 m3

The flow of water in the RSW plant can run either way, i.e. one can run in water where the water is
usually taken out, and out where it usually goes into the tanks, but this must be done manually. This
is done occasionally when the drains are clogged to "flush" them clean.

3. MEASUREMENT AND METHODS
3.1 Chilling procedure during research cruises
Before fishing, 520 m 3 of fresh water was chilled to approx. 0-1°C. Two tonnes of acetic acid was
added to the water for preservation of fish and for reduction in clogging. The fresh water fills the
three tanks in section 2. Just prior to clearing the first cod end, the cooled fresh water was distributed
in all 9 tanks on board. The circulation of RSW was started one hour after a tank was filled with fish,
because the air must get out of the fish to enable good circulation. When the tanks were filled from
a single haul, the surplus water was drained before the next catch. Fish/water fill rate was at full tank
approximately 90 %. The residual water (approximately 10% of the tank volume) was circulated in
the RSW and the cooling was done until delivery.

3.2 Instrumentation
To get an overview of the flow pattern it was important to get the entire tank volume covered with
temperature sensors. In addition, mass flow meters were installed at the water inlet and outlet of
both tanks. The chart (Fig. 5) shows where the temperature sensors were placed in the tank BB3
and SB3
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Figure 5: Instrumentation of tank BB3. SB3 instrumentation is mirrored.

Some changes to the suction side for tank SB3 was made, to be able to change the flow direction,
so that water could be sucked from the grating on top or rear, or both.
Measurements were conducted during two research cruises in the period March – April 2018. The
catches were made west of Ireland. In the first cruise both tanks (BB3 and SB3) were filled and
operated identical during the whole cruise. The inlet of the RSW was at the bottom of the tank
(indicated as blue arrows in figure 6) and the outlet was through the "Cigar" and pipe suction at lid
and rear. In the second cruise both tanks were filled identical but had a different operation of the inand outlet during transportation after catch. During the second cruise, water was sucked from the
rear grating and "Cigar" from tank SB3 after the last catch and not the pipe suctions. Fig. 6 shows
the in- and outlet in the tanks.

Figure 6: Overview of SB3 tank
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4. RESULTS AND DISCUSSION
The blue whiting was caught at approximately 400 m depth. It had a temperature of about 10°C.
From the cod end the fish was pumped into the tanks over a grid to drain of the seawater before in
was put into the mixture of cooled fresh water an acetic acid. The tank was filled up with 90% of fish
and the circulation in the tank was started approximately 1 hour after, when the fish had settled. In
fig. 7 and fig. 8 the water temperatures in tank BB3 and SB3 from cruise 1 are shown. Fig. 9 and
fig. 10 show water temperatures from tank BB3 and SB3 from cruise 2

Figure 7: Water temperatures from tank BB3 from cruise 1.

Figure 8: Water temperatures from tank SB3 from cruise 1.
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Figure 9: Water temperatures from tank BB3 from cruise 2

Figure 10: Water temperatures from tank SB3 from cruise 2

Both tanks SB3 and BB3 were full at both cruises. Dots in the graphs indicates when fish were loaded
into the tanks. For cruise 1 (both tanks) and cruise 2 in the BB3, the water temperature was at
unloading between 1 and 6 °C, while those for cruise 2, SB3 are between 0 and 2 °C. The flow
pattern was identical in both tanks during cruise 1, but different during the cruise 2. At cruise 2 there
where normal operation of the BB3, while SB3 had suction from top and rear gratings.
This resulted in a more even temperature profile in tank SB3 compared to the others and resulted in
lower temperature of the fish. The average water temperature at unloading for cruise 1 was 3.7 °C
in tank SB3 and 4.1 °C in tank BB3. For the cruise 2 the numbers were 1.2 °C for tank SB3 and 2.9
°C for tank BB3.
A mixture of 90% Blue Whiting and 10% water has fluid consistency and it is difficult to obtain a good
circulation. The result from cruise 2 indicate that a perpendicular in- and outlet of the RSW gives a
more even temperature in the tanks.

5. CONCLUSIONS
There is a distinct gain of altered operating patterns and this is to be tested further in the future
cruises for other species and had to be implemented in how the refrigeration plant and pumps are

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2930

managed. One of the main goals is to make an automated management of the refrigeration plant
where both the circulation system and the energy consumption are optimal for different pelagic fish
species. This will be obtained through numerical modelling, simulation and verification in test cruises.
This work will also give input to how new vessels are build and how tanks are designed.
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ABSTRACT
Growth prediction method depending on a cultivation condition is important for planning and
operating vegetable production in a plant factory. In this paper, it was proposed to incorporate the
growth prediction method based on plant physiology into the air conditioning simulation tool.
Photosynthetic rate equation was expanded by incorporating light intensity, air temperature, carbon
dioxide concentration and wind speed dependency. Plant characteristic values necessary for
photosynthetic rate were identified by cultivation experiments. Growth amount of leaf area was
modeled as a growth curve and coupled with photosynthetic rate. Comparing the prediction results
with cultivation experiment results, it was confirmed that this prediction method has accuracy for
practical use.
Keywords: Air conditioning system, Plant factory, Cultivation test, Photosynthesis, Crop yield, Leaf
area, Growth curve, Water content.

1. INTRODUCTION
A plant factory is a cultivation facility capable of planned production of plants such as vegetables
annually by precisely grasping the environmental control conditions and the growth conditions by
the monitoring techniques. It is easier to control cultivation conditions in a completely artificial light
plant factory planted in a closed environment without sunlight (Kozai, 2012).
Plant growth is known to be affected by various cultivation environments such as light intensity, air
temperature, humidity, CO2 concentration and wind speed. For example, there is a temperature at
which the growth amount becomes the largest (Oda et al., 1987). Increased growth due to CO2
manuring has also been observed (Kawashima and Kurozumi, 1990).
In order to carry out an optimum air conditioning control in a plant factory, a growth prediction
method according to the cultivation environment is necessary. This makes it possible to control for
more economical production and environmental diagnosis in plant factories in operation.
Various methods are used as plant growth prediction methods. Effective cumulative temperature
method (Iwata and Okubo, 1969, Ebata, 1990(1)(2)) that predicts growth from values obtained by
integrating effective temperatures above the minimum growth temperature can be mentioned.
There is also a method called DVR (DeVelopmental Rate) method (Horie and Nakagawa, 1990)
that takes into consideration not only the air temperature but also the sunshine duration. There is a
growth prediction method obtained from multiple regression analysis of the measurement results of
air temperature, humidity, light intensity, CO2 concentration, and pH, concentration and
temperature of nutrient solution during cultivation period (Itoh and Yamashita, 1999). On the other
hand, as a monitoring method of growing situation during cultivation, an attempt has also been
made to diagnose the photosynthetic function of cultivated plants by measuring chlorophyll
fluorescence of leaves with images (Sakai et al., 2011).
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As described above, several growth prediction methods and growth situation diagnosis methods
have been proposed and used. Growth of plants is considered to be linked with growth based on
plant physiology such as photosynthesis, and growth of plant leaves and stem size. There is no
reports to deal with both the photosynthesis rate and the exponential growth of leaves. Therefore,
in the present study, a growth prediction method is proposed in which photosynthetic rate and leaf
exponential growth are coupled.

2. CULTIVATION EXPERIMENT
Cultivation experiments were conducted to identify the plant characteristic values of photosynthetic
rate, leaf area growth rate and watere content described later. The experiment site was the
environmental simulator room of C20 building of plant factory research center, Osaka Prefecture
University. In this cultivation room, blower, nutrient solution tank, lighting device were installed on
each cultivation shelf. Nine stocks of lettuce per shelf were settled on a cultivation board and
placed on a water tank. The actual measurement after cultivation was carried out using five strains.
Leaf lettuce (variety: frill ice) cultivated in many fully artificial light type plant factories as cultivars
was used. In order to investigate the effects of air temperature, wind speed, light intensity and CO2
manuring application, cultivation was carried out with each condition changed. Table 1 shows
actual measurement conditions of the cultivation environment. In the light intensity, the LED
indicates LED illumination, and Hf 3, Hf 4 and Hf 7 indicate cases where the number of Hf
fluorescent lamps is 3, 4 and 7. In order to experiment under different light intensity, cultivation
conditions other than light intensity were the same, and four shelves of cultivation racks were used.
The light period was 14 hours, the dark period was 10 hours, and CO2 was not applied during the
dark period.
After seeding, the plant stocks nursed for 3 weeks was planted in a cultivation pallet and cultivated
for 14 days under predetermined conditions. For comparison, it may have been harvested for 7
days of cultivation. After harvesting, all the lettuce leaves were removed, leaf image data was
taken into a PC with a scanner, and the leaf area was measured. The fresh weight was measured
excluding the roots of the harvested lettuce and then dried in a constant temperature drier set at
80 ℃ for 24 hours and then the dry weight was measured. The photosynthetic rate was calculated
by converting the increment of dry weight from planting time to harvest time into the increase
amount of CO2 (National Institute for Agro-Environment Sciences, 2003) and dividing by the
average leaf area and cultivation period. It could be confirmed that the leaf area grew exponentially.
Table 1. Environmental condition of cultivation experiment

Case 1
Case 2
Case 3
Case 4
Case 5
Case 6
Case 7
Case 8

Air
Temperature
[℃]
24.0
23.0
22.9
22.4
30.2
30.3
22.6
26.1

Relative
Humidity
[%RH]
72.7
75.4
74.9
76.4
71.4
73.4
70.5
71.6

Wind
Speed
[m･s-1]
0.55～1.22
0.01～0.80
0.55～1.22
1.76～2.55
0.55～1.22

Cultivation
CO2
Period
Concentration
[day]
[ppm]
14
340
14
943
14
924
7
858
7
929
14
888
14
897
14
896

Light intensity [μmol･m-2･s-1]
Hf fluorescent lamp
LED
Hf3 Hf4 Hf7

183
～
238

182 254
～
～
236 316

465
～
628

3. PREDICTION MODEL OF LEAF VEGETABLE PRODUCT
3.1.

Photosynthetic rate

The effective light wavelength for photosynthesis is in the range of 400 to 700 nm, the number of
photons within that wavelength is called the effective photon flux density PPFD (photosynthetic
photon flux density), and the unit is μmol·m-2·s-1 . It is known that the relationship between PPFD
and photosynthetic rate can be represented by nonorthogonal hyperbola (Johnson and Thornley,
1984). The photosynthetic rate Vp [mg CO2 · m-2 · s-1] is expressed by Eq. (1).
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4
2

Eq. 1

2

Photosynthetic rate [CO2mg m-2 s-1]

0.4
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0.3
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0.2

0.1
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Wind speed 0.55~1.22m･s-1
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Hf3
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Figure 1: Difference in photosynthesis rate
due to CO2 fertilization

Photosynthetic rate [CO2mg m-2 s-1]

Where, IR indicates PPFD. Vd is the respiration rate at PPFD = 0, called the dark respiration rate.
gp shows the slope in the initial section where the photosynthetic rate linearly increases with
increasing PPFD. In addition, the maximum photosynthetic speed Vpmax indicates the
photosynthesis speed converged to a constant value in the light intensity exceeding the light
saturation point. Φp represents the curvature of the light-photosynthetic curve. The above Vd, Φp,
gp, Vpmax are inherent values of plants. gp, Vpmax are influenced by cultivation environments such as
air temperature, wind speed and CO2 concentration. In this paper, Vd and φp are assumed to be
constant without being influenced by the cultivation environment.
Regarding the influence on the air temperature of photosynthesis rate, it is said to have an
upwardly convex relationship with optimum air temperature (Johnson and Thornley, 1984). In the
temperature condition of the cultivation experiment of this study, the photosynthetic rate tended to
be larger as the air temperature was lower, and the optimum temperature could not be found.
According to the findings of the previous study, the initial slope gp and the maximum photosynthetic
rate Vpmax were determined by quadratic functions with air temperature as a variable. As shown in
Fig. 1, photosynthetic rate tended to increase due to fertilization of CO2, and significant difference
was confirmed even at the 5% level significant difference test. Previous studies (Kawashima and
Kurozumi, 1990) were similar to the results in Fig. 1. This fact means that the CO2 concentration in
this study has not reached saturation in the photosynthetic reaction (Onoda, 2007). In addition, the
photosynthesis rate increases with increasing CO2 concentration in the range where CO2
concentration is small, and it becomes constant value in the range where CO2 concentration is
large have been reported (Onoda, 2007 and Morison et al., 1983). From the above, the relationship
between photosynthesis rate and CO2 concentration is treated as the photosynthesis rate
increases with increasing CO2 concentration in the range where CO2 concentration is small, and
converges to constant value in the range where the CO2 concentration is large. Fig. 2 shows the
relationship between wind speed and photosynthetic rate. It is reported that this relationship
becomes convex upward in the past study (Yabuki and Miyagawa, 1970). As the wind speed
increases, the leaf boundary layer becomes thinner, CO2 absorption from the outside air becomes
easier, and photosynthesis is promoted. However, transpiration is promoted in the same way, so it
is stated that because the moisture in the leaves is insufficient above a certain wind speed,
photosynthesis is suppressed. Following this idea, the relationship between wind speed and
photosynthetic rate is not clear in this report, but it is treated as a quadratic function convex upward.
In view of the above, we propose Eqs. (2) - (9) for gp and Vpmax in Eq. (1), taking into consideration
the effects of air temperature Ta, CO2 concentration c and wind speed u.
0.4

Hf fluorescent lamp
Air temperature 22.6～23.0℃
CO2 concentration 897～943ppm
Light Intensity 182~316μmol･m-2･s-1

0.3

0.2

0.1

0.0

0.0

1.0

2.0

3.0

Wind speed [m s-1]

Figure 2: Relationship between photosynthesis
rate and wind speed
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Eq. (8)

∙

∙

Eq. (9)

Where, E1 to E8 and F1 to F8 are plant-specific values and are identified from the results of
cultivation experiments. Note that the mutual dependency on air temperature, CO2 concentration
and wind speed in photosynthetic rate is not known from cultivation experiment results and has not
been reported in past studies. Therefore, in this study, it is treated as having no mutual
dependence on air temperature, CO2 concentration, wind speed. In addition, the relative humidity
did not differ greatly in each cultivation experiment, and was set to 70-77%.
3.2.

Leaf area

Although there are individual differences in plants, growth analysis has been proposed in
consideration of the feature that their growth is exponential (Nagashima, 2009). In this method, the
growth process of plants is represented by the relative growth rate (RGR) defined by Eq. (10).
Eq. (10)

∙

Wd is the dry weight [g] of the whole individual, and t is the cultivation period. In this study, we
considered that growth of leaf area was also exponential and growth analysis could be applied,
and the relative growth rate and growth curve of leaf area were modeled. The growth curve of the
leaf area is obtained by Eq. (11), and the relative growth rate RGRLA of the leaf area in this
equation is defined by Eq. (12).
0 ∙

∙

Eq. (11)

∙

Eq. (12)

Where Splant is the leaf area [m2] of one plant and t is the cultivation period.
The relationship between the relative growth rate of leaf area and the number of cultivation days is
discussed for each illumination condition. The relative growth rate of the leaf area in LED, Hf 3, Hf
4, Hf 7 was 7 days and 14 days on the cultivation day, and as a result of a significant difference
test of 5% level, no significant difference was found. From this, it is considered that the relative
growth rate of the leaf area does not depend on the cultivation days. Also, no significant difference
was observed even if a significant difference test of 5% level was performed among Hf 3, Hf 4, and
Hf 7. From these results, we cannot confirm the influence of the light intensity on the relative
growth rate of the leaf area. There was no significant difference in the 5% level significant
difference test for LED and Hf 3. Although the light intensity is the same for the LED and Hf 3, the
spectral distribution of the light is different (Kotani, 2011), but the influence of the kind of light on
the relative growth rate of the leaf area could not be confirmed within the scope of this study. From
the above, in this report, we cannot confirm the influence of cultivation days, light intensity and kind
on the relative growth rate of leaf area, and treat it as constant within the range of this study.
Fig. 3 shows the relationship between the CO2 concentration and the relative growth rate of the
leaf area for each illumination condition. When applying CO2 fertilizer with the same light intensity
from this, the relative growth rate of the leaf area is increasing. A significant difference was
observed in the presence or absence of CO2 fertilization in the significance test of 5% level. It is
considered that the relative growth rate of leaf area increases with CO2 concentration. The
relationship between air temperature and relative growth rate of leaf area is also discussed. In Hf 3
and Hf 4, the relative growth rate of leaf area tended to decrease as the air temperature increased.
In LED and Hf 7, there is no significant difference in the relative growth rate of leaf area, and the
influence of the air temperature on the relative growth rate of leaf area is unknown. No significant
difference in temperature was observed even with a significant difference test of 5% level. From
the above, in this study the influence of the air temperature on the relative growth rate of leaf area
is treated as constant. Fig. 4 shows the relationship between wind speed and relative growth rate
of leaf area. As indicated by the correlation curve (broken line), the relative growth rate of leaf area
tended to decrease as the wind speed increased. In this study, the relative growth rate of leaf area
is treated as decreasing with increasing wind speed.
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Based on the above results, the relative growth rate of leaf area RGRLA is expressed by Eq. (13) by
multiplex analysis based on the results of the cultivation experiment.
∙

Eq. (13)

∙

RGRLA(relative growth rate of leaf area)[-]

RGRLA(relative growth rate of leaf area)[-]

Where, H1 to H3 are inherent values of plants and are identified from the results of cultivation
experiments.
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Figure 3: Relationship between RGR of leaf
area and CO2 concentration
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Figure 4: Relationship between RGR of leaf
area and wind speed

Dry weight and fresh weight

The growth rate is predicted by combining the photosynthetic rate equation and the growth curve of
leaf area determined in the previous section. The amount of CO2 absorbed per share by
photosynthesis is calculated by Eq. (14). The photosynthetic rate was not affected by the
cultivation days.
D

WCO 2 D    V p  S plant d 

Eq. (14)

d 1

About 40% of the increase in dry weight during the cultivation period is carbon (National Institute
for Agro-Environment Sciences, 2003), the increment of dry weight per share can be obtained by
Eq. (15).

Wd D   WCO 2 D 

12 1

44 0.4

Eq. (15)

For conversion from dry weight to fresh weight, Eq. (16) is used. It is conceivable that the water
content w required at that time may be different if the cultivation environment is different. As shown
in Fig. 5, the water content tends to decrease as the light intensity increases. It has been reported
that the water content decreases with the increase of the light intensity in the previous study (Ikeda,
1984). In the range where the light intensity is small, the water content tends to rise due to CO2
fertilization, but no significant difference was found in the 5% level significant difference test.
Therefore, in this study, CO2 fertilization is treated as not affecting the water content. Based on the
relationship between the air temperature and water content in Fig. 6, the water content tends to
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decrease as the air temperature rises. In this study, the water content is treated as decreasing with
air temperature rise. On the other hand, the water content shows a tendency to decrease as the
wind speed increases. It is thought that the wind speed has an influence on the water content.
Therefore, the water content used for converting the dry weight to the fresh weight is not a
constant value, and w (IR, Ta, u) expressed by Eq. (17) is used.
∆

∆

F

∆

Eq. (16)

0

,

,

∙

∙

∙

Eq. (17)

From the above, the CO2 absorption amount ∆WCO2(D) is obtained by substituting the leaf area
obtained from Eq. (11) and the photosynthetic rate obtained from Eq. (1) into Eq. (14). By
substituting this value into Eq. (15), the increase in dry weight ∆Wd(D) can be calculated. The dry
weight at the time of harvest is obtained by adding dry weight Wd(0) at the time of planting
separately measured to the increment of dry weight. By using the dry weight and the water content
obtained from Eq. (17), it is possible to convert from Eq. (16) to the fresh weight ∆WF(D). Table 2
shows the values used for each equation.
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Figure 5: Relationship between water content
and light intensity
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Figure 6: Relationship between water content
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Table 2. Numerical values used for analysis

Coefficients of
photosynthesis

-1

gp

mgCO2･μmol

Vpmax

mgCO2･m-2･s-1

Vd
φp
RGRLA
w

mgCO2･m-2･s-1
%

f1(Ta)=(-0.002Ta2+2.7Ta+0.1)×10-5
f2(c)=(0.00466×10-3c+4.45)×10-4
f3(u)=(-0.3u2+0.08u+9.0)×10-4
f4(Ta)=(-0.75Ta2+22.5Ta+210)×10-3
f5(c)= 1.38×10-3c+0.13
f6(u)=(-1.83u2+2.40u+22.9) ×10-2
-0.02
0.85
(-21.91u+0.068c+217.4)×10-3
-4.24×10-3IR-12.78×10-2Ta-8.77×10-2u+99.3

Fig. 7 shows the relationship between dry weight predicted using Eq. (15) and measured values
when cultivated for 14 days under irradiation with Hf fluorescent light. The correlation coefficient
between them is 0.90. Similarly, the relationship between the fresh weight predicted using Eq. (16)
and the measured value is shown in Fig. 8. The correlation coefficient between them was 0.90.
From the above results, the growth prediction method proposed in this study can be applied to
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fluctuation of the cultivation environment by treating the leaf area as a growth curve, so that this
method is considered to be practical.
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predicted values in dry weight
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4. CONCLUSIONS
We aimed to predict the growth in a plant factory in accordance with plant physiology and derived a
growth prediction method that combines the leaf area growth curve and photosynthetic rate. The
main contents and conclusions are listed below.
(1) Modeling of growth curve of leaf area derived from cultivation experiment was conducted.
(2) Light intensity, air temperature, CO2 concentration and wind speed dependence were
incorporated, and the photosynthetic rate formula was formulated.
(3) The leaf area growth curve and the photosynthetic rate equation were coupled.
(4) Conversion to fresh weight was carried out using water content incorporating environmental
condition dependency.
(5) By the expansion of the photosynthetic curve and the modeling of the growth curve of the leaf
area, it was confirmed that this proposed growth prediction method could cope with changes of
cultivation environment such as light intensity, air temperature, wind speed, CO2 concentration
and cultivation period .
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ABSTRACT
Cherry is very popular depending on its great taste and nutrition, but the perishable characteristic
increases the difficulties to store. Traditional freezing methods can extend the shelf life while it still
needs to be optimized. Many innovative assisted freezing methods are proposed to improve the
food quality. The magnetic field is one of the physical fields which can influence the freezing
process. In this paper, the permanent magnetic field (0~15mT) and alternating magnetic field
(0~20Gs) are applied on the cherries respectively. The cherry samples are freezing to -30℃ at the
freezing rate of 4℃/min. The objective is to evaluate the effect on the ice crystal size with different
magnetic field. The result shows that both the permanent magnetic field and the alternating
magnetic field can reduce the ice crystal size. And the cell structure maintains more complete
compared with the control group. Especially, the effect seems more significantly in the case of the
alternating magnetic field.
Keywords: Permanent Magnetic Field, Alternating Magnetic Field, Freezing, Ice Crystal Size, Food
Quality.

1. INTRODUCTION
In order to extend the shelf life of the perishable foods, many methods such as freezing (Le-Bail et
al., 2008; Holzwarth et al., 2012) and hot treatment are adopted. However, the traditional treatment
methods cannot satisfy the high quality requirement of the consumers (James et al., 2015). In
recent years, some innovative assisted freezing methods such as electric field assisted freezing
(Dalvi-Isfahan et al., 2016; Xanthakis et al., 2013), radiofrequency assisted freezing (Anese et al.,
2012) and magnetic field assisted freezing (Dalvi-Isfahan et al., 2017) attract extensive attention.
Among these freezing methods, the researches on the magnetic field assisted freezing are
increasing gradually, while the effects of the magnetic field on the food quality still exist some
controversies (Kaku et al., 2012).
The studies about the effect on the water and saline solution with the magnetic field are relatively
more (Cai et al., 2009; Holysz et al., 2007; Mok et al., 2015). The molecular dynamics simulations
are utilized to investigate the effects of magnetic field (intensity: 1~10T) on aqueous NaCl
electrolyte solutions. The result shows that the effect on the average number of hydrogen bonds is
related to the solution concentration and the magnetic field intensity, which can be used to explain
the micro-mechanism of the food freezing (Chang and Weng, 2008). Except the investigations on
the water and saline solution, the magnetic field is used very common in the medicine science
(Abedini et al., 2011; Kaku et al., 2010; Kamada et al., 2011; Kojima et al., 2013). Kojima et al. use
the programmed freezer with a magnetic field (Cells Alive System) to examine the MSC
(mesenchymal stem cell) viability and tissue regenerative ability after long-term cryopreservation
(Kojima et al., 2015). The result indicates that the MSCs survival and proliferation rates are

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2940

significantly higher in the Cells Alive System group than in the direct group. Choi et al. (Choi et al.,
2015) compared the ultrastructure in the beef muscle with the electro-magnetic resonance and air
blast freezing during the frozen storage. As a result, not only the increase rate of the ice crystal
size is lower by the electro-magnetic resonance freezing but also the thawing loss is significantly
lower than the air blast freezing. Although some investigations indicate that the magnetic field has
a positive effect on the food freezing (Kim et al., 2013; Mok et al., 2017), some contrary viewpoints
are proposed in these years (Fernández-Martín et al., 2017a, b; James et al., 2015; Wowk, 2012).
Otero et al. (Otero et al., 2017) indicate that no advantage of electro-magnetic freezing over airblast freezing is detected at the conditions tested. In order to find out the exact effect and
mechanism of the magnetic field, more investigations should be made in the future.
In this paper, the permanent magnetic field (PMF) and alternating magnetic field (AMF) are applied
on the cherry cut sections respectively. The optical microscope and the CCD camera are used to
observe the whole freezing process of the cherries. The cooling stage temperature when the phase
change process occurs is recorded to represent the nucleation temperature of the cherries to some
extent. In addition, the ice crystal area is analysed to compare the effect of magnetic field assisted
freezing and the control groups.

2. MATERIALS AND METHODS
2.1.

Sample Preparation

The fresh cherry samples are purchased from a fruit supermarket in Beijing and they are preserved
under the environment temperature of 25℃ immediately after transported to the laboratory. The
cherries of the similar size, shape and maturity are chosen to cut into small slices
(10mm×3mm×0.1mm). In order to reduce the experimental error, the small slices are chosen from
the same position of the individual cherry. In addition, all treatments are carried out on the day of
purchase. After cutting into small slices, the cherry slice sample is placed on the cooling stage to
observe the microstructure changes during the freezing process.
2.2.

Experimental Equipment

The schematic diagram of the whole experimental equipment is shown in Fig.1. The experimental
equipment is designed and fabricated including the refrigeration system, the microscopy imaging
system and the magnetic field generation system. The refrigeration system consists of the cooling
stage (temperature resolution ratio≤0.001℃), the liquid nitrogen tank and the controller. The
cooling capacity of the cooling stage is provided by the liquid nitrogen, the cooling rate and the
target temperature are set by the controller. The microscopy imaging system consists of the optical
microscope (magnification:500×), the CCD camera (five million pixel) and the computer. The
optical microscope fitted with a CCD camera can transfer the real-time image during the freezing
process to the computer. The magnetic field generation system consists of the permanent magnets
and the alternating current coils. The permanent magnets are placed between the sample area and
the shell of the cooling stage. And the two alternating current coils are supported on both side of
the cooling stage symmetrically. In addition, all the magnetic field intensity values of the cooling
stage centre are measured by the gauss meter (resolution ratio: 0.0001mT) before the freezing
process. Fig.2 shows the real picture of the experimental device.

Figure 1: The schematic diagram of the whole experiment equipment
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(1 cooling stage, 2 optical microscope, 3 CCD camera, 4 section sample, 5 permanent magnets, 6
nitrogen tank, 7 controller, 8 alternating current coil, 9 alternating power source, 10 Gauss meter, 11
computer)

Figure 2: The picture of the real experimental device

2.3.

PMF and AMF Treatments

The permanent magnetic field and alternating magnetic field are generated respectively. The
permanent magnetic field is generated by the permanent magnet. The size of the single permanent
magnet is 30mm×10mm×2mm. The magnetic field intensity of one permanent magnet is about
1.50mT in the cooling stage centre, so the magnetic field intensity can be adjusted by increasing or
reducing the number of permanent magnet. Because the space limitation of the two sides between
the sample area and the shell of the cooling stage, at most 5 permanent magnets can be placed on
one side of the gap. Therefore, the magnetic field intensities in the cooling stage centre range from
0.00mT to 15.00mT at intervals of 1.50mT when the number of the permanent magnets is varied.
The alternating magnetic field is generated by the alternating current coil that is energized. When
the current intensities are varied from 0.00A to 2.50A at intervals of 0.25A, the corresponding peak
values of the magnetic field intensity in the cooling stage centre are 0.00Gs, 0.21Gs, 0.46Gs,
1.29Gs, 2.81Gs, 5.40Gs, 6.43Gs, 7.64Gs, 12.63Gs, 16.04Gs, and 17.44Gs respectively. And the
frequency of the alternating magnetic field is 50Hz.
2.4.

Freezing Experiment

In order to investigate the microstructure changes of the cherry cells with PMF and AMF treatment
respectively, the cherry slice is placed on the centre of the cooling stage. The cooling rate and the
target temperature are set as 4℃/min and -30℃ respectively. The magnification of the microscope
is set as 200× which is enough to observe the whole change process. The PMF ranged from
0.00mT to 15.00mT and AMF ranged from 0.00Gs to 17.44Gs are applied to the cherry slice during
the freezing process respectively. Each trial of different condition is repeated 4 times to reduce the
occasional error. The cooling stage temperature when the phase change process occurs is
recorded to represent the nucleation temperature of the cherry. The changes of the cell structure
are described by the real-time microscopic images which are saved in the computer. The ice
crystal area is calculated from the final freezing microscopic images under each experiment
condition to reflect the food quality indirectly.

3. RESULTS AND DISCUSSION
3.1.

Cooling Stage Temperature

The index of the cooling stage temperature refers to the temperature of the cooling stage when the
phase change process occurs. When the water turned into ice, the visual field of the microscope
will be black suddenly. It can be ascribed to the optical property changes of the sample. The
cooling stage temperature can represent the nucleation temperature to some extent. So it can be
used as an index to reflect the food quality. When the nucleation temperature is lower, the
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supercooling degree is higher when the freezing point remains constant. Supercooling is a
metastable state of water. When the temperature of the object is below its usual freezing point, the
phenomenon of no ice crystals formation is perceived as supercooling. Generally speaking, the
tinier ice crystals can be obtained when the supercooling degree is higher.
When the permanent magnetic field is applied on the cherry sample, the cooling stage temperature
is varied when the PMF intensity is different. The corresponding change tendency is shown in Fig.3.
Compared with the control group without the magnetic field, the cooling stage temperature is lower
in most cases. The lowest cooling stage temperature and the control group temperature are -15.92℃
and -13.08℃ respectively. This is equivalent to the nucleation temperature decreases 2.84℃ which
can improve the freezing food quality significantly. As the magnetic field intensity changes, the
degree of the cooling stage temperature reduction is different. As Fig.3 shows, the regularity of the
cooling stage temperature change is not obvious through the experiments.

Figure 3: The cooling stage temperature change tendency with PMF

When the alternating magnetic field is applied on the cherry sample, the cooling stage temperature
is varied as Fig.4 shows. It shows that the cooling stage temperature is decreased in some degree.
The cooling stage temperatures in most cases are lower than the control group except some
special circumstances. The maximum difference of the cooling stage temperature appears when
the alternating current intensity is 1.50A. The difference value between the experimental group and
the control group reaches 4.64℃. Compared with the PMF treatment, the degree of the cooling
stage temperature reduction is relatively higher. Meanwhile, the fluctuation of the temperature is
intense and 1.50A may be the best current intensity which can obtain the lowest temperature.

Figure 4: The cooling stage temperature change tendency with AMF

3.2.

Cellular Structure

During the freezing process, the ice crystals are formed intracellular and extracellular. When the
freezing rate is low, the ice crystal is formed extracellular first. With the increasing of the ice
crystals extracellular, the extracellular solution concentration increases at the same time which
leads to a high osmotic pressure. Under this circumstance, the cell wall may be torn. If the ice
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crystals can be formed intracellular and extracellular simultaneously, the ice crystals are small and
homogeneous. In this way, the structure damage can be avoided and the large drip loss can be
reduced to some extent. Generally speaking, the integrity of the cell structure is very important for
high quality foods during the freezing process. In this study, the images of the whole freezing
process are photographed by the CCD camera in real time. By comparing the images recorded,
the effect of the magnetic field can be observed.
When the permanent magnetic field is applied on the cherry sample, the freezing images are
shown in Fig.5. As for the control group, the size of the ice crystal is not uniform, some large ice
crystals can puncture the cell wall which destroy the cell structure. So the cell boundaries are not
very clear which indicate the deterioration of the food quality. As for the samples with the PMF
treatment, the size of the ice crystal is not consistent completely, but there are no particularly large
ice crystals. It is obvious that the shape of the ice crystal is changed from the irregular column to
the small column. Most of the ice crystals are formed in the cells evenly, and the puncture to the
cell wall is infrequent. So as the right picture shows, the cell boundary is very clear and the cell
structure remains pretty well. Above all, the PMF treatment can improve the food quality to some
extent from the aspect of the freezing images.

Control group

PMF treatment

Figure 5: The comparison of the cell structure with and without PMF
(The blue line represents the ice crystal boundary and the red line represents the cell wall)

When the alternating magnetic field is applied on the cherry sample, the freezing images are
shown in Fig.6. The effect is similar to the PMF treatment from the aspect of the microstructure.
From the two pictures below, the shape of the ice crystal transfers from large column to small
graininess when AMF is applied. The cell boundary is very clear and the cell structure remains
pretty well with AMF. Compared with the PMF treatment, the size of the ice crystal is much smaller.
In addition, the ice crystal boundaries are very clear. So the effect of the AMF assisted freezing is
better than the PMF assisted freezing.

Control group

AMF treatment

Figure 6: The comparison of the cell structure with and without AMF
(The blue line represents the ice crystal boundary and the red line represents the cell wall)
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3.3.

Ice Crystal Size

The size of the ice crystal is related to the food quality closely. When the size of the ice crystal is
smaller, the food quality is better. So in this paper, the ice crystal area is investigated as an
important index of the food quality. The ice crystal size is evaluated from a quantitative perspective,
and the ice crystal areas are calculated from the pictures which are chosen from the freezing
process.
When the permanent magnetic field is applied on the cherry sample, the relationship of the
average ice crystal areas and the magnetic field intensity is shown in Fig.7. When PMF is applied,
the ice crystal areas reduce by 50% maximally. It is clear that the ice crystal areas decrease
significantly when PMF is applied. But the magnetic field intensity has little influence on the ice
crystal area, because the variation tendency of the ice crystal area is flat with the increasing of the
magnetic field intensity.

Figure 7: The icy crystal area with the PMF treatment

When the alternating magnetic field is applied on the cherry sample, the relationship of the average
ice crystal areas and the current intensity is shown in Fig.8. The ice crystal areas reduce by 70%
maximally, so the degree of the ice crystal reduction is higher compared with the PMF treatment.
Meanwhile the fluctuation of the ice crystal area is relatively higher than the PMF treatment.

Figure 8: The ice crystal area with the AMF treatment

4. CONCLUSIONS
In this paper, the effect of the permanent magnetic field and alternating magnetic field on the food
quality are investigated respectively. The food quality is reflected from three aspects: the cooling
stage temperature which represents the nucleation temperature, the microscopic cellular structure
and the average ice crystal size. The three indexes can represent the food quality during the
freezing process in some degree. From the repeated experiments and subsequent analysis, some
conclusions are drawn as follows:(1) when PMF and AMF are applied on the cherry section sample,
the cooling stage temperature is lower than the control group, the cellular structure remains better
especially with the AMF assisted freezing, the average ice crystal area reduced about 50% and 70%
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when PMF and AMF are applied respectively (2) both the permanent magnetic field and alternating
magnetic field have positive effect on the food quality during the freezing process, but the
alternating magnetic field has a better effect than the permanent magnetic field (3) although the
PMF and AMF assisted freezing have positive effect on the food quality, the variation tendency
with the magnetic field intensity is not obvious.
Up to now, it is difficult to find the best magnetic field intensity because the individual difference
and other factors. There are still some problems to be solved in the following investigations. The
greater range of the magnetic field intensity and different frequency of the alternating magnetic
field still need further research. More repeated experiments are needed to find out the universal
law. In addition, the temperature measurement technique should be explored to measure the
temperature of the very thin biological sections.
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ABSTRACT
Farmed salmon is a large export product from Norway. After the salmon is stunned and killed, it is
often transported to large tanks for bleeding, chilling and buffering before gutting and further
processing. The temperature of the fish into the processing plant is varying, but it is necessary to
cool down the fish fast, both to reduce bacterial growth and to maximize yield. In this paper, a
demonstration tank was set up and different operational regimes were tested. Refrigerated sea water
(RSW) was used for chilling of the fish. Killed and bled salmon was used to see how the fish was
located inside the tank, something which can be very difficult in a production tank where the chilling
water is unclear because of blood. The flow pattern through the tank was registered. Operation which
resulted in lowest contact between the fish gave best heat transfer and therefore best chilling.
Keywords: Atlantic Salmon, RSW, measurements, heat transfer

1

INTRODUCTION

Norway produces large amount of Atlantic Salmon each year. In 2018 exported 1.1 million tonnes of
salmon, worth NOK 67.8 billion. This is a 5 % volume and value increase from 2017. There is a
large potential in increasing the salmon production in Norway, but there are several biological issues
that must be solved first (for example lice and feed production). A rapid and efficient processing of
the fish is necessary, both today and with increased future production. (Almås & Ratvik, 2017),
(Norwegian seafood council, 2019)
The salmon is produced in sea cages and often transported live in well boats to processing plants
onshore. Before the salmon is slaughtered it is often kept either in holding cages or in a wellboat , to
reduce stress levels and increase product quality. Processing factories include some main
processing and handling stages. The fish are often slaughtered by stunning and bleeding.
Sometimes, it is first live chilled for 30-60 min. After that it bleeds and die in another chilling tank and
is then transported to gutting, before they are either packed as gutted fish into polystyrene boxes or
filleted and packed into boxes of expanded polystyrene (EPS) containing >10 % ice. Fish and fillets
are then packed into semitrailers and shipped to the market directly or by plane (US and Asia). (Ates,
Widell, Nordtvedt, & Cojocaru, 2017), (Borderias & Sanchez-Alonso, 2011)
An effective chilling of salmon depends on the temperature difference between fish and chilling
water, the flow of water, mass of fish and water and of stirring. Live fish cool more rapidly than dead
fish, because of higher thermal conductivity and higher convection, but is seldom used because of
fish welfare (Bantle et al., 2015). Dead fish sink to the bottom of the tank, which could lead to cold
water passing above the fish, instead of between, resulting in less efficient chilling. It is necessary to
have and to develop equipment for effective and rapid chilling of the fish.
Chilling of salmon to a low and stable temperature is important for the quality and the shelf life of the
product. A reason for increased shelf life with decreasing product temperature is that the growth of
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microorganisms is slower when the temperature is low. Another consequence of low temperature is
slower protein denaturation and protein degradation (Gallart-Jornet et al 2007).
In previous work, Widell et al (2018) studied one full scale helix fish chilling tank at a salmon
processing plant. The results showed that temperatures of both fish and chilling water had large
variations. It was not possible to test different operational patterns because it would interrupt the
production. In this paper, a demotank was therefore set up for testing of specific operation patterns.
The demotank was set up in a processing plant, to have easy access to RSW water and salmon.
Results from tests and measurements are presented in this paper, together with suggestions for
further work.

2

MEASUREMENTS AND METHODS

Two days were spent at a salmon processing plant, measuring temperatures with different
instruments and in different locations. One HeliX chilling tank (described in section 2.1) was used for
the experiments. The different methods were selected based on previous research in similar
facilities. The project is ongoing, and evaluation of the methods will be conducted in further tests as
well. The experimental setups are described in section 2.1 and the measuring equipment in section
2.2.
2.1 Description of demo tank, procedures and test setup
The chilling tank used in this study (shown in Fig. 1) is a smaller version of a HeliX tank,
approximately 10 vol.% of the tanks that are common in salmon processing plants. It has 4 chambers
divided by a Helix screw. Water is circulated from right to left and the water flow can be regulated.
The common settings for water flow in full scale Helix tanks are 1-1.5 cm s-1, with a maximum flow
of about 250 m3 h-1, to avoid damage of the helix screw. A flow in the demo tank of 1 cm s-1 is about
14 m3 h-1 with normal filling of fish. There is no refrigeration system connected to the circulated water,
but the tank was filled each day with new RSW water of 1 °C. There are two water inlets, one top
right in the figure and one underneath the tank, in chamber 2. There is a flow meter at the water
outlet. The HeliX screw blades contains many holes (see Fig. 1 right), so that the chilling water can
flow from chamber to chamber. There is also a thin clearance between the screw and the tank.

Figure 1. Layout from above of Helix demo tank (left), photo of the tank when fish was inserted (right).

The fish were thrown into chamber 2 up to a charge level similar to what is used in full scale tanks
(app 45 vol %). The fish were chilled in the tank for 60-140 minutes, before it was removed from the
tank. To empty the fish from the tank, the helix screw was turned until the fish was pushed out of the
tank at the lower right part in the figure.
Four tests were run during the field trip, two each day, summarized in Table 1. Salmon chilled in the
demo tank were fish not approved for the regular processing line, mainly because of size and
spawning conditions. Because of that the amount of fish was limited. The same fish were used for
test 2 and test 3. Water flow was set to 14 m3 h-1, which represented normal flow, or 32 m3 h-1, which
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represented high volume flow. The flow was constant during each test. Water inlet was either only
at the end of the tank (top right), or both there and from the bottom of the tank, in bottom of chamber
3. Water inlet from underneath one chamber is in this way not common in industry. The objective
was to have water passing the fish from an extra direction, which should result in better chilling. The
tank had 24 air nozzles in the bottom of the tank, positioned in two lines (2x12). Pressure was set
to 2 bars and when used for air bubbling in the tank, the valves were opened with a certain interval,
from every minute to every 5th minute. The reason for the air bubbling was to create turbulence in
the water for better mixture of both water and fish.
Table 1. Experimental setup

Test Day Water flow, m3 h-1 Water inlet

Air inlet

1

1

14

At end

no

2

1

32

At end + middle Every minute

3

2

14

At end

Every 5th minute

4

2

14

At end

Every 3rd minute

2.2 Measuring equipment
Thermocouples were installed in line at three locations in the bottom of the tank, located in
chambers 2 and 3. A sketch of the installation of one thermocouple is shown in Fig. 2 (left).
Height and width were measured with a specially built equipment, with scales, see Fig. 2 (middle).
A Testo temperature measuring instrument (Testo, 2017), with a 23 cm long probe, was used for
measuring temperatures inside the fish, both before and after they were in the tank. Accuracy: ± 0.2
°C.
A GoPro camera was mounted on a long pole and used for filming inside the tank, to find the
positioning of the fish. The distance between the water surface and the fish was measured with a
metal tape measure.

Figure 2. Illustration of measuring equipment and methods. Installation of thermocouples through the
bottom of the tank (left). Measuring temperature and size of salmon (middle). A testo temperature
instrument (right).
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3

CHILLING INDEX CALCULATIONS

During the project, several experiments were conducted, with the demo tank but also with full-scale
tanks used in industry for chilling and bleeding of salmon before further processing. Each experiment
has unique parameters, which can vary significantly. Here are some examples:
•
•
•
•
•

Initial and final temperature of fish
Geometry of fish (weight)
RSW temperature
Exposition time in Helix tank
Flow of RSW in Helix tank chambers

Since conditions vary between different tests it was necessary to find a common index for grading
the effect of chilling. It was named chilling index (Ch.I) and was calculated with this formula:
𝐶𝐶ℎ. 𝐼𝐼 =

𝑇𝑇0 −𝑇𝑇𝑓𝑓𝑓𝑓𝑓𝑓ℎ,𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚
𝑇𝑇0 −𝑇𝑇𝑓𝑓𝑓𝑓𝑓𝑓ℎ,𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚𝑚

Eq. (1)

Temperatures of fish relates to in the thermal centre of the fish. T0 was initial temperature of fish
before it entered the tank, Tfish,measured temperature of fish after chilling inside tank. Tfish,model was
calculated using analytical solution based on a model developed in MATLAB 2017a. The model used
initial temperature of fish, dimensions of fish, chilling time, heat transfer coefficient, thermal
properties of salmon and chilling water temperature to calculate Tfish,model. Tfish,model gives an ideal
temperature of the fish exiting the tank, assuming that the fish is fully surrounded by chilling water
and not in contact with other fish. The chilling index will be a percentage showing how close to ideal
chilling the fish has been exposed to.
The internal heat resistance is very high for Atlantic salmon (thermal conductivity is typically 0.4-0.5
W m-1 K-1) (Flesland & Magnussen, 1990) (Bantle et al., 2015) and because of that, the RSW
temperature is the most important factor for calculating Tfish,model.
However, the RSW temperature was not uniform inside the tank and it both varied along the tank
and within each chamber. It also varies with time. In similar modelling, it is common to use one
reference temperatures for each chamber based on a linear approximation between inlet and outlet
temperatures. In the Helix chilling tank cases, another approach was selected. Tfish,model was
calculated with this formula:
𝑇𝑇𝑟𝑟𝑟𝑟𝑟𝑟 =

4

∑𝑛𝑛
𝑖𝑖=1 𝑇𝑇𝑅𝑅𝑅𝑅𝑅𝑅 𝑜𝑜𝑜𝑜𝑜𝑜,𝑖𝑖 𝜏𝜏𝑖𝑖
𝜏𝜏𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡

Eq. (2)

RESULTS AND DISCUSSION

Different operational patterns in a demo tank was tested in this work. Measurement data and
modelling results are presented in this paper. The objective of the work was to be able to rate the
chilling and evaluate how to optimize the processes in full scale tanks.
4.1 Temperatures in fish
Four tests were run during the field trip, two each day, summarized in Table 1. Salmon chilled in the
demo tank were fish not approved for the regular processing line, mainly because of size and
spawning conditions. Because of that the amount of fish were limited. For test 3 the same fish were
used as for test 2 from the day before. As a result of that, the variation in temperatures of the fish
going into the tank varied much more than for the other tests. Before the fish was put into the tank it
was kept in vessels in the size of 0.5-1 m3, standing next to the tank. The room temperature was
about 10 °C.
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Table 2. Experimental setup

Test Day Number Average Fish
of
weight,
density, %
fishes
kg
of water
volume

Initial
temperature
of fish, ⁰C

Water
flow,
m3 h-1

Water
inlet

Air inlet

1

1

158

3.7
(1.04)

27.8

10.6 (0.2)

14

At end

no

2

1

106

3.4 (0.9) 17.2

10.5 (0.2)

32

At end +
middle

Every
minute

3

2

106

3.4 (0.9) 17.2

Big variation
in fish
temperature

14

At end

Every 5th
minute

4

2

105

2.8 (1.1) 14.0

10.4 - 11.3

14

At end

Every 3rd
minute

The temperature differences calculated from measured inlet and outlet temperatures of the fish are
shown in Fig. 3. The time in the tank was longest for the fish in the first test and shortest for fish in
the last test. Temperature differences in fish were slightly higher for test 1 (6.2 °C) than for test 2
(5.9 °C). Test 4 had an average temperature difference of 2.8 °C.

Figure 3. Temperature differences in salmon, for three of the tests.

4.2 Logged water temperature inside the tank
Temperatures measured at the bottom of the tank by thermocouples are shown in Fig. 4 for test 1
and Fig. 5 for test 2. Blue lines show temperature in the chamber that was filled with fish (Ch2),
orange line shows temperature in the next chamber (Ch3), where the water flows after. Filling of fish
into chamber 2 caused a significant increase in RSW temperature at the bottom of the tank. This
temperature remained at a higher value when compared with RSW temperature in chamber 3. The
temperature decreased again when the screw started. Temperature measured after the chamber
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with fish, did not increase so dramatically. This implies that there was not much mixture of water and
fish in the tank. The colder water passed over the fish and not between or under the fish.
In test 2 there was bubbling of air every minute and higher water velocity. From Fig. 5 (right) it can
be seen that the temperatures in the chambers are more even and therefore much better mixture of
water and fish. RSW temperatures were higher in test 2 than in test 1 because there was no
refrigeration system connected with the tank.

Figure 4 Time temperature chart from temperature loggers mounted on the bottom of Helix Demotank, Test 1. Water flow in one direction from chamber 4 to chamber 1.

Figure 5. Time temperature chart from temperature loggers mounted on the bottom of Helix Demo-tank, Test 2.
Water flow in one direction from chamber 4 to chamber 1.

4.3 Chilling index
Fig 6. shows the chilling index with respect to experimental parameters. The highest chilling index
of 99.0 % was observed for intensive mode of fish agitation in chamber, Test 2. The standard flow
of RSW (Test 1) in one direction without additional agitation resulted in 86.78 %. This chilling index
is similar to a test in a full-scale tank at a fish processing industry, where the density of fish in tank
was 34 %. That tank did not have air bubbling, but water injected at several locations in the bottom.
Periodic agitation of fish in a chamber with compressed air bubbling (Test 2, Test 4) resulted in
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significant increasing of chilling index when compared with normal flow. The chilling index of Test 3
were the lowest, even though it had some agitation. The reason for the low chilling index of Test 3
were likely the varying inlet temperatures of the fish.

Figure 6. Modelled chilling index in chamber 2 during chilling, overview of all sets.

4.4

Positioning of fish inside the tank

The water in the tanks were clear in the beginning of the day (as can be seen in Fig. 1, right).
However, as soon as the fish went into the tank the water went unclear, and it was not possible to
see the fish. Measurements with a metal tape measure showed that the fish sink to the bottom,
leaving half a meter of water without fish above. Poking with a stick also gave an indication that the
fish is lumped together rather than having space between for water to flow.
Filming with GoPro gave some indication that the fish was stacked together, but it was difficult to
see more exactly how the fish was positioned and stacked inside the tank.

5

CONCLUSIONS AND FURTHER WORK

Rapid and efficient chilling of the fish is essential at a salmon processing plant, to maximise quality
and shelf life. In this paper, different operational patterns in a demotank has been tested. The
demotank is 10 % of a common industrial full-scale tank for chilling of salmon. Temperature
measurements of fish and chilling water were conducted, and the data was evaluated. This work is
done within a larger project, where the goal is to increase the effectiveness of the Helix chilling tanks
and to let the user of the tanks have more control of the parameters of chilling. Similar measurements
have been conducted at full-scale tanks at processing plants.
The results showed that agitation is necessary to have better mixture of fish and water and to reduce
the temperature of the fish. Agitation with air bubbling showed good chilling index. However, only
four tests were conducted, where one of the tests must be excluded because of varying fish inlet
temperatures. Doing experiments at an industrial site is always challenging, because of limitations
in product and RSW supply, in addition to other uncontrollable factors.
The temperature measurements resulted in the following statements:
•
•
•

Temperature field is not uniform in chambers, the deviations can be observed in different
parts of a chamber and the flow pattern of RSW is complicated.
Increasing of the RSW flow and decreasing of fish filling densities can decrease the
temperature gradient significantly.
Temperature in the bulk of the fish were higher than RSW outlet temperature, showing
that there is more potential for chilling by installing equipment for agitation of fish and
water.
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•
•

Movement of the screw influenced the temperature variation, which lead to redistribution
of the temperature field in the chamber and subsequent decreasing of the temperature.
Agitation of fish by compressed air decrease the temperature variation in chambers, but
frequency of air injection is also of a high importance.

Air bubbling and extra water inlets will give better chilling of the salmon inside these tanks. There
will be further tests with the demo tank, and it is then necessary to keep RSW temperature stable
and to test more alternatives with water and air inlets, in addition to varying the frequency.
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ABSTRACT
Globally, it is estimated that 1.3 billion tonnes of edible food are lost every year, which is one-third
of the food available. Food is lost throughout various stages of the food supply chain (production and
harvesting, postharvest handling, processing, distribution and consumption), but where the main
losses are, differs between countries. In medium- and high-income countries, food is mostly wasted
in the kitchen or at the end of the supply chain by consumers. In low-income countries, food is mainly
lost during the early and middle stages of the food chain because of the drawbacks in the farming,
harvesting, packaging and often a non- existing or poor cold chain. This paper gives data for the
food losses in the world, with special focus on China and India. Examples of measures to reduce
food losses are given, with focus on improved cold chain.
Keywords: Food loss, Cold chain, India, China

1

INTRODUCTION

Globally, 1.3 billion tonnes of food are lost every year (Gustavsson et al. 2011). Food loss refers to
the food resources that go unutilized during the production, handling and processing stages while
waste refers to the food thrown away by the consumers. Majority of food waste occurs at the
consumption stage in Europe, but in many countries in Asia, most of the loss occurs at the postharvest stage due to improper handling and cold chain management.
There is an urgent need to provide enough and safe food (not harmful and with all nutrients
preserved) for the growing world population, which is expected to increase from 7.6 billion today to
9-11 billion in 2050 (World Population Trends 2017), (FAO 2016). Optimum storage condition for
high quality and long shelf life of products in a cold chain depends on temperature and relative
humidity of the storage chamber. Fluctuation of these parameters during storage, transportation and
shipment is responsible for growth and survival of pathogenic microorganisms. Food is lost or wasted
throughout various stages of the food supply chain (shown in Fig. 1):
i. Production and harvesting: Agricultural produce and harvest are damaged or spilled,
animals may die or be diseased, milk could be lost due to cattle ailments, and fish may be
thrown away.
ii. Postproduction handling: Spoilage during storage, transportation and other postharvest
handling activities. Reasons can be high temperature exposure, bacterial infections, mold,
pests, insects, etc.
iii. Processing: The quality and shelf life of the food can be lost or degraded during washing,
peeling, slicing, canning, packaging etc., or during slaughtering, smoking, freezing or
pasteurizing.
iv. Distribution: Wholesale markets, supermarkets, retailers and other stakeholders in food
distribution also experience some food loss and waste (e.g., when cans and packages etc.
are accidentally opened or destroyed) during the transportation activities.
v. Consumption: The consumers usually waste food by throwing it away. Cooking more food
than is necessary, over-shopping for convenience and even overfeeding is listed in this
category.
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Figure 1. Different stages of food supply chain

2

GLOBAL VIEW ON FOOD LOSS AND WASTE

Several international targets have been set to end hunger and reduce the food wastage. United
Nations Sustainable Development Goals (SDG) are probably one of the largest and ambitious
targets in human history. The 2nd SDG goal sets its sight towards zero hunger and the 12th goal on
responsible consumption and production. The target 2.1 and 2.2 aims at ending hunger and
malnutrition by 2030. Similarly, the target 12.3 aims at reducing the food waste and loss by 50 %
along the production and supply chains (with post-harvest losses) within 2030. (Lipinski et al, 2017)
2.1 Food loss and waste
According to Momagri, China, European Union (EU), United States (USA) and India are the four
major food producers in terms of economic values. Fig. 2 illustrates that the total per capita food loss
in Europe and North-America is 280-300 kg/year. In sub-Saharan Africa and South/Southeast Asia,
it is 120-170 kg/year. The total per capita production of edible parts of food for human consumption
is, in Europe and North America, about 900 kg/year and, in sub-Saharan Africa and South/Southeast
Asia, 460 kg/year. Similarly, the per capita food wasted by consumers in Europe and North America
is 95-115 kg/year, while the figure in sub-Saharan Africa and South/Southeast Asia is only 6-11
kg/year. FAO estimates that 30 % of cereals, 20 % of the dairy, 35 % of fish and seafood, 45 % of
fruits and vegetables, 20 % of meat products, 20 % of oil seeds and pulses, and 45 % of roots and
tubers are wasted. Looking at the various stages of the food supply chains worldwide, the major
producer of food wastage is the phase of agricultural production followed by the postharvest handling
and storage and final consumption. (FAO 2012) (Gustavsson et al, 2011)

Figure 2. Per capita food losses and waste (Kg/year) (Gustavsson et. al., 2011)

2.2 Case: China
China is the largest producer of food in the world. As of 2010, China produced food worth about €
740 trillion and the food worth € 32 billion was exported, the import was worth € 72 billion. Most of
the estimates of the food loss and waste in China are primarily based on the Chinese staple food
maize, rice and wheat. Thus, the information on food loss and waste along the various stages of
food supply chain is insufficient. Chinese agriculture arrangement is highly decentralized, so a
significant percentage of post-harvest losses (5.7-8.6 % grains, 2.5-3.7 % meat, and 10-15 % for
perishable food) occur during storage. There is about 6 % food loss during the storage of the food.
Even if the governmental storage systems are efficient, it is difficult to use such facilities in a country
where farms are dispersed. The on-farm grain storage facilities had losses more than 8 % while the
central facilities had losses less than 0.5 % of the grain storage. There are also problems in the
controlling of pests, rodents and moulds due to the lack of strong pesticides in the farms and the
basic knowledge for storage and technology is lacking for grains storage in many farmers.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2957

In recent years, the industrial development has cut short the harvest and post-harvest losses but the
food waste habits in consumers has increased dramatically, due to the increasing affluence in the
Chinese society. Consequently € 27-38 billion worth or 17-18 million tonnes of food is wasted
annually in China. (Liu, 2013). The Chinese catering and restaurant businesses have been the major
source of food waste and not the households. The food loss is as high as 19% in the restaurants,
which is surprisingly higher than the 7% of food loss happening in the households. However, only
5% of the food is lost when people eat in the canteens.
2.3 Case: India
India is a major producer and exporter of food products and food processing is recognised as a
priority sector in their new manufacturing policy. India is also a major exporter of fruits and vegetables
to Europe. Fruits and vegetables losses in India range from 15% for potatoes to up to 50% for citrus
fruits (Jakhar, et al. 2015). The total food loss in India amounts to over 26 billion Euros annually, as
about 30 percent of all food produced is spoiled after harvesting due to lack of cold chain
management and proper food processing units (Dhakal et al 2014). The Indian agricultural sector is
highly dispersed compared to other countries. The average farmers have just 2-4 acres of land and
70% of the farmers have less than 1 or 2.5 acres of land. (The CSR Journal, 2015). It is difficult to
apply the modern and efficient techniques and technologies in each of these farms because it could
be costly. (Artiuch & Kornstein, 2012)
In aquaculture, the total loss in farm operation was about 10%. The losses in the catch of marine
fish is because the low value fish is discarded and only the high value fish is taken by the fishermen.
However, this is changing now a days as the fishermen bring the low value fish home. The overall
total loss of 11 % was observed in which is significantly higher than the previous study (3%) of 200507, mainly because the catch operation was not covered in the previous study.
In case of meat, the total loss in farm operations was found to be about 2% due to loss during
slaughtering. About 1% of loss happened in the process of storage at the retailers and wholesalers.
The overall total loss of meat at national level is about 3%. The poultry meat loss at the national level
is about 7% and the losses during the storage of poultry meat is about 4%. It is due to the lack of
proper distribution, cold chain system and refrigerated display in the market. Further, the overall total
loss of milk in the national level is about 1% only.

3

REFRIGERATION TO PREVENT FOOD LOSSES

Refrigeration includes both chilling and freezing and is one of the best ways of preserving food as
close to its original state as possible. When the product temperature is reduced, microbiology activity
and chemical and physical changes are slowed down, and shelf life is extended. Improvements to
the food cold chain and better use of refrigeration will help to reduce some of the food losses in the
world. With a growing population in need of more food, it is necessary to improve the cold chains
especially where it is poor today. (IIR, 2009). In the introduction of this paper, the food value chain
was divided into 5 stages. In this section, possibilities of improving the cold chain for each stage will
be given.
3.1 Production and harvesting
During production and harvesting, there is seldom a need for refrigeration, but it is important that
some highly perishable food stuffs, for example fish and seafood, are quickly chilled or frozen after
production and harvesting. If not, the quality degradation starts, and it is not possible to go back to
the original state. Handling of food after production and harvesting is described in the following
section.
3.2 Postproduction handling
Many fruits, vegetables, tubers and roots must be stored above freezing temperatures to avoid
damage. Examples are bananas (13-15 °C), lemons (10-13 °C), cucumber (10-12 °C), mangos (13
°C), tomatoes (8-13 °C), sweet potatoes (13-15 °C) and potatoes (4-15 °C) (ASHRAE, 2006, chap.
11). However, chilling of these products is still important to prevent them from becoming overripe,
especially at high ambient temperatures. A refrigeration system will mainly control the temperature,
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but also humidity when necessary. When transporting unwrapped products, more focus should be
on humidity control because unwrapped products will dry faster than products that are packed.
Cold water fish and seafood will degrade fast if not chilled quickly after harvesting. Fish and seafood
from warmer waters will not have the same degradation rate but must also be chilled to preserve
quality and shelf life. An example is the development within the pelagic fish industry in Norway, which
increased drastically during the 1960s. The fishing vessels became larger and more effective in
catching fish. The fishing grounds were also farther away from the shore. However, the traditional
way of storing the fish in boxes with ice turned out to be too labour-intensive which often led to
increased fish temperatures during transportation. This resulted in poor quality and a lot of the catch
had to be sold as oil or fishmeal, with very low profit. After some time with searching and testing, fish
tanks with refrigerated seawater (RSW) were selected as the best method for preserving the
products on the fishing vessels. In Norway, the primary requirements included insulated tanks,
chilling to -1 °C, circulation, cleaning equipment, loading equipment and temperature controlling
equipment. The onboard RSW chilling resulted in that almost all mackerel and herring were sold to
consumers and not being processed to fish oil or meal. (Widell et al, 2016). Other types of fish, like
cod and saithe, are typically stored fresh on ice in the ship. In most cases, there is not a refrigeration
system onboard, so the ice is brought from land. Enough ice should be brought to last for the
complete journey. These types of fish can also be frozen onboard, typically in plate freezers or filleted
and single-frozen.
Animals for meat production are mainly transported alive to the slaughterhouse. Chilling of the meat
after slaughter and partitioning is necessary, but the rate of chilling affects the quality of the product.
Chilling too rapidly will decrease the tenderness of the meat (cold-shortening), especially for beef,
pork and lamb. However, electrical stimulation of the meat can be used for avoiding this issue.
Studies show that the weight loss can be reduced by fast chilling of meat. (Johannessen, Paulsrud,
2000)
Milk cooling and storage at farms has been provided by innovative R744 refrigeration units in
Norway and elsewhere (Fig. 3, left). Such units provide a fast cooling of fresh milk, while the hot side
of the refrigeration circuit is applied to produce sanitary hot water at 90°C, applied for cleaning
purposes of the milk handling equipment.

Figure 3. Milk cooling unit with CO2 refrigeration system (left). Mackerel fillets frozen in belt freezer
(right)

3.3 Processing
Many different food products are further handled in an industrial processing plant, before being
distributed to the consumers. Typical processing includes peeling, cutting and chilling/freezing of
fruits, vegetables, tubers and roots and slaughtering, gutting, partitioning, filleting of fish and
meat. Refrigeration during all steps of processing will increase quality and could also reduce food
loss.
Superchilling is a process where the temperature of a product is reduced below regular chilling, but
still higher than freezing store temperatures. The product is partly frozen, but the consumer will
experience it as a fresh product. Chilling a product below initial freezing point will result in a frozen
surface layer of 1-3 mm (Kaale, 2014), which creates a cold storage within the product. This can be
compared with chilling with ice, where the cold storage is outside of the product. The shelf life of the
product increases with decreasing temperature, especially at lower temperatures. During transport,
the temperature of the product will level out, resulting in a low temperature within the product and
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less or no ice. In general, fast cooling results in smaller and more even distribution of the ice crystals
than slow cooling, which will give a better product quality. Fast cooling can also give higher
production capacity. Other factors that affect the quality of the products are the initial quality of the
product, packing and storage temperature. The complete cold chain should therefore be evaluated,
to get the best possible product.
Superchilling can be a less energy demanding alternative to a freezing/thawing, with less liquid loss.
It also includes fewer handling elements and thus lower labour costs (Magnussen, Haugland et al.
2008). When storing and transporting chilled products, it is common to do this with ice together with
the fish inside the boxes. A typical ratio is 1/3 of ice and 2/3 of fish. When superchilling the fish, ice
is not necessary, since parts of the products are frozen. That means more product within each
transport, which is beneficial both financially and environmentally. The challenge with superchilling
is to control the quantity of ice in the product, the ice fraction, so that it is neither too low, nor too
high.
Frozen food products are mainly stored between -20 °C and -30 °C. The lower temperature levels
are necessary for fish and ice cream. There are several different food freezing methods. Air is often
used because it is easily available, even though it has poor heat transfer properties. Air blast fans
increase heat transfer, but they also use electricity and add heat to the freezing tunnel. Large
products are often frozen in air blast freezing tunnels, while smaller products are frozen in belt
freezers (see Fig. 3, right) or fluidized bed freezers. If the product is unwrapped, a disadvantage is
evaporation from the surface. Packaging, on the other hand, results in poorer heat transfer and
longer freezing times. There is a risk of uneven air distribution and uneven freezing times in a blast
freezer, which can partly be avoided if the products are continuously loaded and unloaded. Proper
tunnel design and loading is essential. Unpacked, single products can be frozen in impingement
freezers at high production rates. In these, air jets (20-40 m/s) are directed at the products, which
provides higher heat transfer than in blast freezers. (Kaale et al., 2014) (Widell, 2012)
Another type of freezing system is the plate freezer, where the refrigerant is circulated inside plates
and the products are pressed between the plates. The products are frozen into equally shaped
boxes, which is beneficial for stacking and transport. These freezers are energy efficient because
no fan energy is needed, and higher evaporation temperatures can be used than in air blast freezers.
Liquid as a cooling media is used in cryogenic freezers. The products are sprayed with, for example,
liquid carbon dioxide resulting in high temperature differences and high production rates. A
refrigeration plant is not needed, but the cooling media is expensive, and large quantities are
necessary. All types of freezers should be insulated from surrounding (warmer) areas to prevent
heat leakage into the freezer.
Heat absorbed by the refrigeration unit during the cooling / freezing process can be upgraded to e.g.
useful hot water/steam applied to clean and sterilize the process equipment after usage. Depending
on the simultaneity of cooling and heating demands, compact thermal cold/hot storage devices can
be integrated into the energy systems.
3.4 Distribution
To secure food quality and at the same time achieve a high seasonal energy efficiency of the
refrigeration systems, the performance requirements should be described over a wide range of
operating conditions. High part load efficiency is important for both stationary equipment as well as
for transport refrigeration units. Implementation of capacity control devices and thermal energy
storage (for example phase change materials) to avoid on-off operation are examples to secure
constant foodstuff temperatures. Reliability and redundancy options are important factors to secure
the process plant operation.
Transport of food between the production sites, after processing and storage towards the end-users
must be performed in well designed and refrigerated containments. Temperature fluctuations should
be avoided.
The supermarket or local grocery store is the final distribution centre for food towards the end-users.
To avoid food wastage of chilled and frozen foodstuff at this stage of the food chain, the temperature
distribution and variations within the cold rooms and display cabinets are the essential parameters
(Minetto et al. 2014). Novel CO2 refrigeration units enable uniform temperature distribution and
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eliminate the need for long defrosting cycles. Long cycles of defrosting could lead to several degrees
of increased product temperatures, reducing product quality and shelf life.
3.5 Consumption
To achieve SDG, appropriate food waste mapping techniques and technologies are being developed
and the proper reporting and the compilation of the statistics has been carried out. The ‘ForMat’
project in Norway carried out 2010-2015 shows a decrease of food waste by 25500 tonnes.
Consumers were for example instructed to have the right temperatures in refrigerators, information
was given about food waste and that food can be edible also after the "best before"-date. After the
focus on consumers in the ForMat project, the focus has now shifted towards processing phase, for
example a SINTEF Ocean is leading a project on mapping of food loss in seafood industry.
In China, some steps have been started by the central and local government to decrease and
manage food wastage. For example, “Empty your plate” campaign in 2013 for highly grassroots level
has encouraged the consumers to avoid food waste. A blog of posts in Weibo (a Chinese social
media) has enhanced awareness all over the country and changes in the policies so that the
restaurants had to change the size of the plates, etc. (Liwei et al., 2013)
Some creative ideas have been implemented in India. For example, the employees of municipality
of Kolkata collect the waste directly from the homes and recover 80% of the waste. Women’s
associations collect and dry the food waste for recycling with minimal charge in cities of Bangalore
and Pune. The 419 slums of Mumbai have adopted a system of waste collection effectively. The
leftovers from the hotels are distributed to the homeless and orphans. The food not suitable for
human consumption is given to the pig farms, the pig farmers collect the remains from the hotels
and restaurants.
Many small vendors in India take fruits and vegetables to the doors and sell them. In this process
the food is exposed to high temperature, which is the cause of short life of the food products. To cool
the vegetables, they sprinkle cold water, but it also leads to faster spoilage of the vegetables. Indian
Agricultural Research Institute (IRAI), New Delhi has developed a solar powered vending carttechnology to boost the economy of poor vegetable vendors. It is expected to store the fresh fruits
and vegetables for 2-5 days. The extended shelf life of the food can hence help the vendors generate
more income. There is a large potential for further development in this area.
3.6 Monitoring environmental parameters
Monitoring environmental parameters such as temperature and humidity in the supply chain of
perishable foods is essential to track quality deterioration and thus reduce losses. Real-time
monitoring of food quality has a lot of prospect, but it is yet to come to actual practice. However,
recent initiatives in this direction indicate the possibilities of real time monitoring and building models
to predict and improve quality and shelf life. (Abad et al 2009). Initial conditions of the product also
play a key role to assure durability. Often, fruits and vegetables are bruised and damaged due to
improper handing during harvesting and transportation (FAO 2017). In this regard, visible and nearinfrared (Vis/NIR) spectroscopy has been one of the most successful techniques for non-destructive
measurement of chemical constituents and quality attributes (such as damage, internal quality, total
soluble solids, titratable acidity and maturity index) of horticultural and food products (Pu et al 2015)
(Hu et al 2017).
More attractive solutions than conventional RFID have been proposed in some pilot business
research. An example is wireless sensor network (WSN), which can be used to detect different kinds
of environment parameters, such as the temperature, humidity, carbon dioxide, ethylene, and
vibration (Wang et al 2015). This can help real time tracking and remote monitoring in food
traceability. Many authors have proposed optimization models for maximizing the profit in such
supply chains, while maintaining quality and reducing losses.
Other factors that can be studied are the degree of impact the products have on the climate and the
environment. Winther et al (2009) showed that seafood products exported as frozen or superchilled
(shipped) had lower environmental impact than fresh, transported with air freight. Increasing the
amount of processed fish, leaving the rest raw material for other production, would also reduce the
environmental impact, compared to transporting the whole fish.
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3.7 Refrigerants
Refrigeration systems should only apply working fluids with lowest possible climate and
environmental impact, therefore, natural working fluids are a safe and sustainable option, due to their
well-known behaviour when released into the environment. When developing new heat pumping
system, focus should be: energy efficiency also during part load and integration of multifunctionalities. This means that advanced integrated units can provide freezing, cooling, airconditioning, space heating, hot water, and process steam.
Due to the Kigali Amendment of the Montreal Protocol, and the EU F-gas regulation, the traditional
HCFC and HFC refrigeration equipment in the supermarket sector is nowadays replaced by the endusers with units applying natural working fluids. The environmental impact of working fluids like
propane (self-contained cabinets) and carbon dioxide (centralised units) are well known and no
restrictions will appear in the future. This makes this technology attractive to end-users whenever
they can find a local vendor to install and maintain the units. A UNIDO supported demonstration
supermarket in the capital of Jordan (Jordan is defined as a High Ambient Temperature HAT country)
is an example, that a leapfrog in refrigeration technology from HCFC to CO2 is possible. The
feedback from the supermarket owner after the first year of operation (January 2018 to January
2019):
• No extraordinary maintenance visits, i.e. no failure in the system nor the cabinets
• Zero food wastage due to stable temperature levels in the display cabinets
• Reduction of energy demand related to the refrigeration unit by more than 30% compared to
similar new HFC installations in the region
Training and knowledge transfer are important for a successful and fast phase in of natural
refrigerants within the food sector and supermarkets globally. Relatively high first costs to install
integrated CO2 refrigeration systems are still the main barrier to a fast phase in of this technology on
a global scale, especially when none of the local vendors has delivered such units before.

4

CONCLUSION

With the world population set to approach an estimated 9 billion by 2050, against a background of
finite natural resources, we need renewable biological resources for securing healthy food and
animal feed to meet the nutritional requirements of the growing population.
Most of high-income areas have good infrastructure and technologies for cold chain management.
It is in low-income countries and especially within agriculture that substantial improvements can be
made to the cold chains to reduce food loss as a result.
If food wastage was a country, it would be the third largest GHG emitter in the World after China and
the USA. Environmental impact of the food chains will be reduced if the overall losses are reduced.
Food production requires energy, so reducing food losses will also result in reduction in energy use
per tonne of food produced. Energy use has different environmental impacts depending on how it is
produced and transferred, but it is seldom zero and improving the energy efficiency of a process is
always positive for the environment. Refrigerant systems still use working fluids that, if released to
the atmosphere, deplete the ozone layer and increase the global warming potential. During the last
decades, there has been a focus on reducing these emissions and finding more environmentally
friendly replacements. However, there are still too many refrigeration systems in place that use
harmful refrigerants. In further research and development, it is necessary to:
• Reduce food losses along food value chains by:
o Increasing awareness of the benefits of high-performance cold chains
o Increasing collaboration between politicians, refrigeration stakeholders and food
producers to improve cold chain technology and management
o Transfer of high-performance, environmentally friendly and cost-effective technology to
areas where food loss is high
o Training of technicians and users for proper and efficient operation of refrigeration
systems
• Reduce energy consumption and carbon footprint in the cold chain
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ABSTRACT
A computational fluid dynamics (CFD) simulation was developed to model heat transfer of six
blocks of agar in a forced air chilling process. The flow field was solved at steady-state and
decoupled from the heat transfer processes. The six blocks of agar were placed in a polystyrene
test chamber that mimics the airflow and product arrangement in an industrial cheese chilling
tunnel. Temperatures were measured at the surfaces and the geometric centre of the tested blocks
of agar. Good agreement was observed between predicted and experimental data. The local heat
transfer coefficient across blocks of agar surface varied by a factor of five at the high air velocity.
Keywords: CFD, heat transfer, chilling, industrial application.

1. INTRODUCTION
Food technology continues to develop as new refrigeration equipment becomes available and as
consumer preferences continue to change (Bogh-Sorensen, 2006). On the industrial scale, food
refrigeration equipment is often made to order for a given end user, and may be designed either for
a single type of product or multiple products. With such a high degree of customisation in modern
refrigeration equipment, it is necessary to have a design optimisation tool to evaluate the
performance of the refrigeration system. The rate of cooling for a given chilling operation depends
on the refrigeration air temperature and airflow characteristics (turbulence intensity, velocity),
packaging, and packing arrangement, as well as the dimensions, morphology and physical
properties of the food product (ASHRAE, 2006; O’Sullivan et al., 2014).
The experimental assessment of the cooling performance of different package systems is not only
costly and time consuming, but also limited in scope. The growth of computer power in recent
years has led to an increased use of numerical models to the predict airflow patterns and cooling
profiles of food products during forced-air cooling (Defraeye, Verboven, & Nicolai, 2013; Ferrua &
Singh, 2009; Gruyters et al., 2018; Kuffi et al., 2016; O’Sullivan et al., 2016). The use of numerical
modelling provides detailed information on the local airflow behaviour and temperature profile
within the product at different operating conditions. This assists the design process and improves
cooling performance of food processing equipment.
This paper details a CFD based numerical model for six blocks of agar in a chilling tunnel. The
model was then validated using measured temperatures profile of agar at different air velocities.

2. MATERIALS AND METHODS
2.1

Experiments

Chilling experiments were conducted at AgResearch Ltd. Six blocks of agar gel (food analogue)
were place in a polystyrene test chamber (PTT) (Fig. 1a) which was in turn in an environmental
testing chamber (ETC). A transition section (Fig. 1b) was created to guide the air flow from the inlet
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through the product due to suction created by a fan at the tunnel outlet. The experimental system
allowed for precise control of the temperature and air velocity of the cooling air passing through the
PTT.

Figure 1a: The Styrene Test Chamber

Figure 1b: The transition section

Six blocks of agar were placed in the PTT, arranged (Fig. 2) to create an airflow pattern similar to
an industrial cheese chilling tunnel. The four blocks on the two sides of the central pair were cut by
the symmetry plane and were bordered by insulated walls to reduce the air flow cross-section. The
dimensions of the two test blocks in the middle were 135 x 210 x 270 mm, while the dimensions of
the half blocks on the sides were 135 x 105 x 270 mm.

Figure 2: Six blocks of agar arrangement

Temperatures were measured with T-type thermocouples connected to a Keysight 24982A data
acquisition unit and were recorded every 60 seconds. Fig. 3 indicates the thermocouple positions
in the agar blocks. Thermocouple Numbers 1 and 11 measured the cooling air temperature. The
multipoint thermocouple probes supporting thermocouple Numbers 3, 4, 5 and 13, 14, 15 were
placed along the shortest axes of Block A and Block B respectively. Thermocouple Numbers 4 and
14 were at the geometric centre of the blocks and the two other thermocouples on the multipoint
probes were 2 cm from the geometric centre. The other thermocouples were at the middle of each
surface of the agar blocks. The thermocouples were calibrated with an ice-point reference prior to
the experiments.
Prior to each chilling trial the six blocks of agar were equilibrated at 20 °C for 24 hours. The ETC
temperature was set and maintained at 0 °C during the trials. Three different inlet air velocities (1
m s-1, 3 m s-1, 4.5 m s-1) were tested, and each trial was repeated three times.
Air velocity was measured by a hot-wire anemometer (Dantec 54N60 FlowMaster) before and after
each trial at the inlet of the tunnel and at 2 cm above the top surface of the test blocks. The sample
time of each velocity measurement was five minutes. The air velocity was kept constant during
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each experiment. The inlet and outlet pressures of the airflow through the PTT were measured
before and after each trial using an inclined fluid manometer (RS Pro, RS 730-2937)

Figure 3: Thermocouples position in the agar chilling trials

2.2

Numerical CFD Model

2.2.1

Geometrical model

Based on a symmetry plane, the computational domain of the agar chilling model was reduced by
a factor of 2 (Fig. 4). The geometrical model was created using Ansys Design Modeller, with half of
the centre blocks, and the two half-blocks on the left side included in the geometrical model.

Figure 4: The computational domain of agar chilling

The inlet boundary was located 30 cm upstream of the product section and the outlet boundary
was 155 cm downstream of the product section to prevent the inlet and outlet boundary conditions
from influencing the airflow distribution over the product section.
2.2.2

Numerical setup

Heat transfer mechanisms during agar chilling include: forced convection between the refrigerated
air flow and the blocks of agar surface, conduction inside the blocks of agar, and radiation between
the blocks of agar surface and the insulated walls. Typically, in the forced air cooling of food
product, the influence of radiation is expected to be small compared to the convective heat transfer
(Defraeye, Lambrecht, et al., 2013). Therefore, radiation was neglected in the CFD model.
The momentum and energy transport equations were solved using the Reynolds-averaged NavierStokes equations (Versteeg & Malalasekera, 2007). The turbulence model used was the standard
k-ε combined with the Enhanced Wall Treatment function.
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The thermo-physical properties of the agar, plastic boxes and air are listed in Table 1, and were
kept constant throughout the simulation, since they have negligible dependence on temperature in
the range between 0°C (cooling air temperature) and 20°C (the initial agar temperature) (Ferrua &
Singh, 2009; O’Sullivan et al., 2016). Air properties were evaluated at 0°C while agar and plastic
properties were evaluated at 20 °C.
Materials
Air
Plastic
Agar

Density
kg m -3
1.292
1190
998

Table 1. Material thermo-physical properties

Specific
heat
J kg -1K -1
1006
1470
4182

Thermal cond,
Wm -1K-1
0.02364
0.2
0.543

Dynamic
Viscosity
kg m -1 s -1
1.729 x 10-5
-

Reference
(Yunus & Afshin, 2011)
(EngineeringToolbox)
(Zhang et al., 2010)

A hybrid mesh with tetrahedral and hexahedral elements was generated using ANSYS mesh
generation software. The element size in the product section was 10 mm while the maximum face
size was kept as default (36.5 mm). The fluid region close to the agar block surface was meshed
with a small mesh size. From the surface of the agar blocks outwards, 10 layers of hexahedral
element were placed with the first layer thickness of 0.1 mm and the growth rate of 1.2. A mesh
sensitivity study was performed by running simulations at three different mesh sizes to estimate the
spatial discretization error from the difference in the average surface heat transfer coefficient
(SHTC) of two test blocks of agar (Table 2).
The mesh independent solution was determined by Richardson extrapolation (Roache, 1997), and
the value of the average SHTC was 42.44 Wm -2K-1. The error of the average SHTC for a mesh
size of 0.1 mm of 1.2% was considered sufficiently low. Therefore, the mesh with 273258 elements
was chosen for these computations.
Table 2. Effect of different mesh size on average SHTC of two test blocks of agar

Mesh size on product
surface, mm
0.4
0.2
0.1

Number of elements

Y plus (average)

262923
266901
273258

5.06
2.52
1.25

SHTC (average),
W m -2 K-1
46.05
44.12
42.94

The surfaces of the blocks of agar were modelled as no-slip walls with zero roughness. A zero heat
flux boundary condition was used for the side walls of the PTT. The coupled thermal condition was
applied for the interfaces between air flow and plastic, plastic and agar, and plastic and plastic. The
inlet of the computational domain was modelled with a uniform velocity boundary condition with a
turbulence intensity of 1%. The outlet of the computational domain was defined as a pressure
outlet with an underpressure measured by the inclined manometer to represent the pressure drop
created by the suction fan. The outlet pressure of -85, -35 and -5 Pa produced inlet velocities of 4.5
m s-1, 3 m s -1 and 1 m s-1, respectively.
In this study, the simulations were performed with the ANSYS fluent 18.2 software which uses the
finite volume technique. Second-order discretisation was used throughout. The SIMPLE algorithm
was used for pressure-velocity coupling. To speed up the simulation, the momentum equations
were decoupled from heat transfer equations. A converged steady-state solution for airflow was
used as an initial condition for the transient heat transfer equations. The transient simulation was
run with a time step of 60 s. The computational time for 800 minutes cooling took 33 minutes on a
64 bit Intel ® Xeron ® CPU E5-1620, 3.5 GHz, 16 GB RAM.
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3. RESULTS AND DICUSSIONS
3.1

Local surface heat transfer coefficient

In this study, the surface heat transfer coefficient (SHTC) was calculated from Eq. (1):
𝑆𝐻𝑇𝐶 = 𝑇

𝑞𝑤𝑎𝑙𝑙
𝑖𝑛−𝑇𝑎𝑖𝑟

Eq. (1)

where qwall (W m -2) is the steady state wall heat flux, Tin (K) is the initial temperature of the blocks of
agar, and Tair (K) is the cooling air temperature. Fig. 5 shows a contour plot of the heat transfer
coefficient on the surface of two test blocks of agar, at the inlet air velocity of 4.5 m s -1. The SHTC
across the agar block surface varied by factor of 5, with the maximum value at the four corners of
the surface on the upstream side and minimum values at the opposite surface. The surfaceaveraged SHTC over the agar blocks at inlet air velocities of 1 m s -1 , 3 m s-1, and 4.5 m s-1 were
15.3 W m -1 K -2, 32.5 W m -1 K -2 and 42.9 W m -1 K -2 respectively.

Figure 5: Surface heat transfer coefficient distribution on the surface of two test blocks of agar at the
inlet air velocity = 4.5 m s-1

3.2

Comparison of measure and predicted temperature

3.2.1

Uncertainty analysis of the empirical data

The temperature profile of the agar blocks of was computed by averaging the temperature history
of the three replicates of the experimental trials Eq. (2):
𝑇𝑖 (𝑡) =

∑𝑛
𝑗=1 𝑇𝑖,𝑗 (𝑡)

Eq. (2)

𝑛

The experimental standard deviation in 𝑇𝑖 (𝑡) at 95% confidence level and a normal distribution,
was computed by Eq. (3):
𝑃𝑇𝑖 = 𝑡𝑛−1,0.025 ×

1
√𝑛

1

2 1/2

[𝑛−1 ∑𝑛𝑗=1(𝑇𝑖 − 𝑇𝑖,𝑗 ) ]

Eq. (3)

In general, the standard deviation of all monitored temperatures was lower than 0.5 oC, except for
the surface temperatures (T8 and T18) at the interface of the two test blocks. This could be
explained by the imperfect thermal contact of the two test blocks, as there was a small air gap
between them.
3.2.2

Comparison of measured and predicted temperatures
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Temperature, oC

Fig. 6 shows the comparison between the predicted and experimental temperatures of the two test
blocks, in which Block B was at the front and Block A was at the rear along the flow direction.
Overall, the model predictions fit well with the experimental data.

Time, minutes
Figure 6: Comparison between predicted and measured temperatures in the two test blocks

For the three air velocities tested, the mean absolute differences between the measured and
predicted temperatures (ΔTmean) during the chilling process were lower than 1.0 °C. At the lowest
inlet air velocity (1 m s-1), the largest difference between predicted and measured temperatures
was at the top surface (T2 and T12) with ΔTmean= 0.98 °C and 0.77 °C, respectively. At the highest
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air speed (4.5 m s-1), the largest differences were at the centre temperatures (T4 and T14), with
ΔTmean= 0.68 oC and 0.69 oC, respectively.
At low air velocity (low Reynolds number) the contribution of natural convection, and radiation
(which were not included in the model) to the overall heat transfer between the air flow and the
product surface would have been more significant than that at the high air velocity, which could
explain why the agreement between measured and modelled temperature was better at higher air
velocities.
Fig. 7 illustrates the predicted temperature differences at the same positions on the surface (T2 vs
T12, T10 vs T20) and at the geometrical center (T4 vs T14) of the two test blocks of agar at the
inlet air velocity of 4.5 m s-1. . The temperature decreased faster in block B (in the front along the
air flow direction) than in block A (at the back along the air flow direction). This trend is more
obvious at the surface temperatures at the beginning of the chilling process. This observation was
to be expected since the SHTC decreased along the flow direction (Fig. 5). At the end of the
process, the driving force of the heat transfer process (temperature difference between the product
surface and the refrigerated air) was decreased and the temperature of the two blocks was almost
the same.

Figure 7: Temperature difference of the two test blocks at the same positions at the inlet air velocity
of 4.5 m s-1

5. CONCLUSIONS
The use of standard k-ε turbulence model with the Enhanced Wall Treatment function can predict,
to within 1 °C, the forced air chilling of agar blocks in an arrangement that was representative of an
industrial cheese chiller. The model presented in this study can be used to evaluate the cooling
performance at different operating conditions of the cheese chilling which has similar airflow
pattern and products arrangement as the experiment.

NOMENCLATURE
𝑃𝑇
qwall

Standard deviation in 𝑇𝑖 (𝑡) (K)
The steady state wall heat flux (W m -2)

Tair
𝑇𝑖

The cooling air temperature (K)
Average temperature at thermocouple
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t

Time (s)

Ti,j

tn-1, α/2

Student’s t-statistic with (n-1) degrees
of freedom at a (1-α) confidence level
The initial temperature of the blocks of
agar (K)

n

Tin

SHTC

number i-th (K)
Temperature thermocouple number ith in the j-th trial (K)
Number of the experimental trial,
n=3
Surface heat transfer coefficient
(W m -2 K-1)
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ABSTRACT
Accounting for voids within food packages remains a significant challenge for designers of
industrial refrigeration equipment. The aim of this work was to assess the impact of the packing
arrangement (regular arrangement versus random/irregular arrangement) and the presence of a
carton liner bag on freezing rates of trays of chicken legs (‘drumsticks’). The freezing experiments
showed that when contained within the liner bag, the packing arrangement of the chicken
drumsticks within the tray did not have a significant impact on freezing rate for any of the air
velocities investigated based on a 95 % confidence interval. However, the presence of the liner
bag had a significant impact on freezing times, increasing them by more than a factor of three at
high air velocity (4.3 m s-1).
Keywords: Industrial Refrigeration, Food Freezing, Chicken

1. INTRODUCTION
Food freezing technology continues to develop as new refrigeration equipment becomes available
and as consumer preferences continue to change (Bogh-Sorensen, 2006; Singh & Heldman, 2009)
On the industrial scale, food refrigeration equipment is often made to order for a given end user,
and may be designed either for a single type of product or multiple products. While modular, bulkproduced refrigeration components such as compressors and condensers may be incorporated
into the overall refrigeration installation, the cold side (evaporator) is likely to be highly customised.
With such a high degree of customisation, it is important that the freezing process may be
modelled accurately to allow for design optimisation.
Factors affecting freezing time of food products include the refrigeration air temperature and airflow characteristics (turbulence intensity, velocity), packaging, and packing arrangement, as well
as the dimensions, morphology and physical properties of the food product (ASHRAE, 2006;
O’Sullivan et al., 2014). Many primary (i.e. minimally processed) products such as meat/poultry
cuts, fruit and vegetables have irregular shapes and, when packed in bulk (e.g. within cartons, bag
or trays) air voids typically exist between individual food items, which can have a significant effect
on freezing rates. Despite research to account for the effect of voids on heat transfer rates (Datta,
2007; James, Vincent, de Andrade Lima, & James, 2006; North, 2000; O'Sullivan, 2016; O’Sullivan
et al., 2016) a general approach for dealing with the problem has yet to be established. As such,
accounting for voids within food packages remains a significant challenge for designers of
industrial refrigeration equipment (Smitheram, 2018).
While several research articles report results on the refrigeration of whole chicken carcasses
(James et al., 2006; Mannapperuma, Singh, & Reid, 1994), there does not appear to be as many
data for chicken pieces (portions) and none on chicken legs (commonly referred to as ‘drumsticks’)
in particular. Chicken legs represent an interesting problem due to their shape and the significance
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of bone, which has the potential to act as a conduction pathway to the thermal centre of the
drumstick. Air voids of different shapes and sizes exist when drumsticks are packed in bulk, due to
the irregular shapes of the drumsticks. On the industrial scale, chicken portions are typically cooled
within a plastic carton liner bag, which has the effect of restricting air movement within the voids
and also results in a larger air void within the bag on top of the chicken (Delele, Ngcobo, Opara, &
Meyer, 2013; O'Sullivan, 2016). This research focused on the effects of air voids in bulk-packed
chicken drumsticks on freezing times. The aim was to determine the extent to which the packing
arrangement (or structure) of chicken drumsticks (and associated voids) and the presence of a
liner bag affect freezing rates.

2. METHODS AND MATERIALS
2.1

Experimental Systems

Freezing trials were conducted in the Environmental Test Chamber (ETC) at AgResearch Ltd,
Hamilton, New Zealand. Two polystyrene test tunnels (PTT) 2500 mm long x 720 mm height and
510 mm wide (Fig. 1) each with a variable speed fan at the downstream end and a fine mesh at the
upstream end to act as a flow diffuser were used. A transition section was placed inside the PTT to
guide the air-flow and reduce the cross sectional area to 300 mm x 510 mm. The experimental
setup allowed for precise control of the temperature and velocity of the cooling air being forced
through the PTT.

Figure 1: Polystyrene Test Tunnels (PTT) in the Environmental Testing Chamber (ETC)

Cardboard trays, as used by chicken processors, measuring 320 mm x 590 mm x 150 mm with
open tops (Fig. 2a) were used in this study. Each tray was loaded with 11.5 kg of drumsticks. In
each run, one tray was put in the top tunnel and another tray was put in the bottom tunnel such
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that two trials could be run at the same time. In each tunnel a metal platform was used to support
the tray of drumsticks. This arrangement allowed the bottom surface of the cardboard tray to be
exposed to the cold air.
In the first set of experiments, a tray of regularly arranged drumsticks within the plastic liner (Fig.
2b) was frozen at three different air velocities (1 m s -1, 2.5 m s-1, and 4.3 ms-1). Seventy two
drumsticks weighing from 140 g to 190g were arranged in four layers. Eight drumsticks each
having a mass of 160 g (the average weight of drumsticks in a tray) distributed along the two
diagonals at both high and low, central and peripheral positions were chosen for temperature
measurement (Fig. 3). In the second set of experiments, a tray of drumsticks arranged randomly
within the liner bag was used (Fig 2c). The drumsticks selected for temperature measurement also
weighed 160 g and were carefully placed at similar locations to the measurement positions in the
first set of experiments. In the third experiment, a tray of regularly arranged drumsticks without the
plastic bag was used (Fig. 2d) and thermocouple placement was selected as for the first set of
experiments.

(b)

(a)
a)

b)

(c)
©

(d)
d)

c)

Figure 2: Cardboard trays and chicken used in freezing experiments: a) empty tray, b) regularly
arranged drumsticks with liner bag, c) randomly arranged drumsticks with liner bag, d) regularly
arranged drumsticks without liner bag

Bottom layer

Airflow

Second layer

Airflow

Third layer

Airflow

Top layer

Airflow

Figure 3: Chicken drumsticks distribution and thermocouple location in a tray
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2.2

Measurements

T-type thermocouples were placed at in the thickest part (approximately 3 cm deep, Fig. 4) of the
leg at the eight selected locations within the tray. All the thermocouples were calibrated using icepoint reference before and after the measurements. The temperatures were recorded on a
Keysight 24982A data acquisition unit every 60 seconds during the freezing trials. The cooling air
temperatures above the tray, and the air temperature inside the plastic liner bag were also
monitored during the experiments.
The air velocities at the inlet of the PTT and at a position 5 cm above the tray of drumsticks were
measured before and after each trial using a hot-wire anemometer (Dantec 54N60 FlowMaster).
The sample time for each velocity measurement was five minutes. The air velocity was held
constant during the experiment.

Figure 4: Thermocouple placement in chicken drumstick

2.3

Procedure

Chicken drumsticks were purchased fresh from a local retailer on the day of delivery. The
drumsticks were then sorted, scaled and positioned individually in the tray and the thermocouples
were inserted into the selected drumsticks. The plastic liner was then tied to enclose the
drumsticks and thermocouples (other than for the experiments without the plastic liner bag). The
loaded trays were then placed in the ETC to equilibrate at 10°C for 24 hours. The drumstick
temperatures were monitored during the equilibration process to ascertain when the trays reached
uniform temperatures.
All freezing trials started with chicken at uniform initial temperature of 10°C (equilibration
temperature) and the ETC air temperature was maintained at -25°C. The inlet air velocity was
adjusted to the desired speed (1 m s -1, 2.5 m s-1, or 4.3 ms-1). The thermally equilibrated drumstick
trays were placed in the tunnels and the trial was started. Each trial was terminated when all the
monitored drumstick temperatures fell below -20°C.
After the freezing process was completed, the drumsticks were thawed for 12 hours, before being
re-equilibrated at 10°C. Two subsequent trials were performed on the each batch of drumsticks,
with the exception of the eight drumsticks that contained the thermocouples, which were replaced
by fresh 160 g drumsticks for each replicate. Thus there were three replicates for each air velocity
for each type of experiment (regular arrangement in liner bag, irregular arrangement in liner bag
and regular arrangement without liner bag). No drumsticks were used for more than three trials.

3. RESULTS AND DICUSSION
3.1

Uncertainty Analysis

The average temperature profile of a tray of drumsticks during each of the three replicated trials
was computed by averaging the temperature history of all monitored drumsticks within the tray (Eq.
1)
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∑𝑁 𝑇

(𝑡)

𝑇𝑗 (𝑡) = 𝑠=1 𝑁𝑠,𝑗
Eq. (1)
The final average-temperature of the tray of drumsticks was computed by averaging the
temperature history of the three replicated experimental trials Eq. (2)
∑𝑛

𝑇𝑗 (𝑡)

𝑇(𝑡) = 𝑗=1
Eq. (2)
𝑛
̅
The experimental standard deviation in 𝑇(𝑡)at a 95% confidence level and a normal distribution of
the measurements, was computed by Eq. (3):
𝑃𝑇 = 𝑡𝑛−1,0.025 ×
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− 𝑇𝑗 ) ]

Eq. (3)

In general, the standard deviation of the average temperature of a tray of drumsticks ranged from
0.5°C to 3.0°C except for the case of the experimental data of the irregular arrangement at the inlet
air velocity of 4.3 m s-1.
3.2

Temperature profile of individual drumsticks within a tray

Fig. 5 shows the heterogeneity of the freezing process within the tray in case of regularly packed
drumsticks at the medium inlet air velocity (2.5 m s -1). The temperature profile of the individual
drumsticks were determined by averaging temperature of the three replicated trials. The maximum
difference between individual drumsticks increased at the beginning of the process until the first
phase change happened in the drumstick number 5, and reach the first peak of 7°C. This value
then decreased until the last phase change period started in drumstick number 7, before raised up
again and accomplished a second peak of 17°C when the last phase-change period ended in
drumstick number 7. The maximum difference temperature declined when the sub-cooling period
started at all of the monitored drumsticks.

Figure 5: Temperature profile of the monitored drumsticks and the maximum temperature difference
between individual drumsticks (the continuous line) within a tray at the air velocity inlet of 2.5 m s-1

3.3

Comparison of Cooling Times between Regular and Irregular Packing of Drumsticks

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2976

Fig. 6 shows cooling histories of trays of regularly packed and randomly packed drumsticks, where
error bars indicate 95% confidence intervals of the average temperature of the tray. Although the
randomly packed drumsticks appeared to have cooled slightly faster on average than the regularly
packed drumsticks, the difference between the two packing arrangements was less than the
uncertainty in the measurements at both low and high air-speeds. This suggests that the packing
arrangement and alignment of the leg-bone within the drumstick did not have a significant impact
on freezing time when the drumsticks are contained within the bag. Consequently, it is probable
that accounting for packing structure in chicken drumsticks is unnecessary when modelling
freezing times.

Figure 6: Cooling histories of regularly packed and randomly packed drumsticks at different air
velocities

3.4
Comparison of Cooling Times of Regularly Packed Drumsticks with and without
Liner Bag
Fig. 7 shows cooling histories of regularly packed chicken drumsticks both with and without the
liner bag. As expected, the drumsticks without the liner bag cooled significantly faster than those
packed within the liner bag for all three air velocities.

Figure 7: Cooling histories of regularly packed drumsticks with and without the liner bag
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In order to quantify the effect of the liner bag on cooling time the seven-eighths cooling time
(SECT) (i.e. the time required for the temperature to reach seven eighths of the difference between
initial and cooling air temperatures) were calculated, and results are shown in Table 1. The effect
of the liner bag on cooling time increases as the air velocity increases, the SECT for the plastic
lined chicken more than three times greater than for the unlined case when the air velocity was 4.3
m s-1.
Table 1. Experimental SECT of the tray of drumsticks

Configuration
With liner
Without liner

SECT, min
2.5 m s-1
1250
420

1m s-1
1520
600

4.3 m s-1
1160
350

Evaporative cooling would have been much more significant for the chicken without the liner, and
hence would have contributed to some of the increase in the cooling rate. However, it was
estimated that the effect of evaporation accounted for less than 11 % of the total cooling. The liner
bag is required to minimise moisture loss during the refrigeration process, which could have a
detrimental impact on product quality, so it is unlikely that processors would remove the bag to
increase throughput. However, these results clearly indicate that the presence of the liner bag has
a much greater impact on freezing time than the orientation of the chicken drumsticks within the
bag. Since the orientation of the drumsticks did not appear to affect freezing time, it is possible that
only the total fraction of air voids within the package may be required as a model input, with no
requirement to account for size or shape of the air voids.

4. CONCLUSIONS
The freezing experiments showed that the packing structure of the chicken drumsticks within the
plastic liner bag did not have a significant impact on freezing rate for any of the air velocities
investigated based on a 95% confidence interval. However, the presence of the plastic liner bag
increased freezing times by more than a factor of 3 at high air velocities.

NOMENCLATURE
𝑃𝑇

Standard deviation in 𝑇̅(𝑡) (K)

𝑇𝑗

Average temperature of a tray of
drumsticks during the j-th trial (K)

t

Time (s)

Ts,j

Temperature of drumstick – s within the
tray (K)

tn-1, α/2

Student’s t-statistic with (n-1) degrees
of freedom at a (1-α) confidence level

n

Number of the experimental trial, n = 3

𝑇̅

Average temperature of a tray of
drumsticks (K)
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ABSTRACT
This study was conducted to monitor quality indices and distribution history during cold-chain
distribution of fresh food such as chicken meat. In order to monitor quality indices, temperature data
during distribution process were collected in real time by using 424MHz Radio Frequency sensor tag
and wireless sensor network (WSN). We constructed the quality monitoring system that embedded
the quality prediction algorithm. The quality monitoring system contains quality prediction model and
calculates and saves quality index in real time, inter-working with quality prediction algorithm
according to transmission of environmental information through WSN/CDMA. Various quality
prediction algorithms were developed using specific prediction tools such as predictive microbiology,
Arrhenius equation and Weibull distribution, and so on. When applying real time quality monitoring
system to actual field, prediction was excellent within the 95% prediction interval.
Keywords: Quality monitoring, Dynamic prediction, Internet of Thing, Fresh food, Cold-chain.

1. INTRODUCTION
Most food today requires refrigerated transportation. While break-downs in machinery, delays in
transportation, and inconsistencies in optimal refrigeration temperatures due to cost-reduction
factors may cause massive food spoilage, it is nearly impossible to check the freshness of most food
products without opening their packaging. It is reported that more than 30% of fresh food is impaired
and lost during distribution process because of lack of the proper management. In particular, quality
of fresh refrigerated foods depends on the temperature history which food experiences. Recently,
supply of small-packed or fresh chicken breast meat has increased to facilitate efficient diet and
convenience of distribution. However, the improper temperature management may end up with food
quality impairment to result in food borne disease. Therefore, to supply safe and high-quality
refrigerated food, it requires real-time management of temperature and food quality during
distribution process(Kim, 2014, Kim et. al., 2016).

2. FOOD QUALITY MONITORING TECHNOLOGY
2.1.

Cold-chain Monitoring System

In this study, RFID (Radio Frequency Identification) sensor tag and WSN (wireless sensor
network)/CDMA technologies were applied to monitor temperature and food freshness in real-time.
The cold-chain monitoring and freshness prediction in real-time was done through its own built below
monitoring system (Fig. 1).
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Figure 1: Real-time cold-chain monitoring system

The monitoring system is a combination of the real-time quality management system, which
assesses and predicts the changes in food freshness according to changes in temperature and
humidity, and the transportation management system (u-TMS), which controls, in real-time, the
transportation status of food based on LBS/GPS. Food production information is registered to the
server immediately after production. The QR code and RFID sensor tags (424~433MHz, data
transportation speed 2.4~32kbps, KFRI.ST.2018.LTE, ASN Co., Korea), both mapped with the
registered information, are attached to each product unit and to the package box. While in transport,
the communication device installed within the delivery vehicle records the temperature and humidity
information measured by the RFID sensor tags on the food package and sends it to the server in
real-time. Once transmitted to the server, this information is input into the quality prediction (forecast)
model and algorithm by the u-Food RQMS according to food type to calculate the freshness of the
products in real-time. This, in turn, is communicated to the managers and the consumers. u-TMS
provides all the necessary information related to the location of the delivery vehicles in real-time for
quality control.
The consumers can either use their Smart devices or the kiosks located within the store to scan the
QR code or the RFID tags on the food products and check their freshness before purchasing or
receiving their goods. Once the required information is identified, it is linked to the server via wireless
Internet. The server traces the ID of the QR code, processes and transmits the required information,
such as food quality index, remaining shelf life, production and transportation history in the desired
quantity format, thus allowing the consumers to easily and quickly check the freshness of their
purchases.
2.2.

Dynamic Prediction Model Development

2.2.1. Storage and distribution simulation test of chicken meat
Packaged chicken meat real-time simulation experiment, starting at the poultry processing plant and
ending at the end of shelf-life on display shelf, was conducted. The real-time simulation experiment
was conducted in October-November, 2018. Chicken breast samples produced at fresh chicken
meat packing factory in Chungbuk province, South Korea were obtained and transported to Korea
Food Research Institute in a cold delivery vehicle (from 2:30 pm to 5:00 pm, at 2oC). Storage at Mart
warehouse was simulated (from 5:00 pm on October 30, 2018 to 9:00 am on October 31, 2018, at 0
o
C). Then the chicken meat samples were unloaded at their final destination, and the samples were
immediately transferred to display showcase set at 2oC.
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Figure 2: Freshness monitoring during food-chain from producer to consumer

Figure 3: u-Food smart quality monitoring system
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2.2.2. Microbial analysis
During each storage test, three packs of breast fillets were randomly drawn from shelves and a
representative 10 g meat sample was aseptically weighed and placed in to a sterile stomacher filter
bag, and 90 mL of saline peptone diluent (3M, St. Paul, MN, USA) was added. The samples were
blended using a Bag Mixer 400 CC (interscience, 30, ch. du bois des arpents 78860 Saint Nom,
France) for 60 s at room temperature.The microbial analysis was performed using PetrifilmTM (3M,
St. Paul, MN, USA) media for total plate count (TPC) according to a standard method (KFDA, 2011).
Plates were incubated aerobically at 35°C for 48 h. All measurements were performed in triplicates,
each from separate breast packages. Microbiological data were transformed into logarithms of the
number of CFU/g.
2.2.3. Measurement of chicken meat temperature
Temperature conditions were continuously controlled and recorded every five minutes by data
loggers (TR-52i, T&D Corporation, Japan), that contain wires to which needle probes were attached.
Three meat packs were randomly taken from shelves and instrumented with data loggers by piercing
the polyvinylidene film wrap and then inserting the probe in to one of the fillets’ core. Then the pierced
area on the film was sealed with glue. The average chicken meat core temperature data were used
during mathematical prediction model development.
2.2.4. Mathematical model
The differential equation form of the primary model (Baranyi & Roberts, 1994; Swinnen et al., 2004)
is shown in Eqs. (1) and (2).
!"
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Table 1. Determination model parameters
cA
𝑁./0
2.379 × 10N

9.716 × 10P*

Eq. (3)

c*

cF

cG

5.935 × 10PF

2.455 × 10PF

2.456 × 10P*

Where N, Nmax, µmax, and t represent microbial concentration at the stationary phase, microbial
maximum growth rate and time, respectively. Q is a parameter representing the physiological state
of the food. Here, the model parameters 𝑁./0 , 𝑄A , 𝑐A , 𝑐* and 𝑐F were determined in the process of
residual minimization which searched for the best values of model parameters to minimize the
deviations between the measured microbial concentrations and the model estimated ones. The
measured initial values for each test condition were used as the initial value of the concentration, 𝑁A .
The measurement data for four different temperatures (0, 4, 10, and 15°C) were fitted into the
Baranyi and Roberts growth curves using Eqs. (1) and (2) in order to obtain the temperature
dependence of the model parameters. To determine the specific growth rate, the quadratic
polynomial model (Eq. 3) was used as a secondary model. The best dynamic model is the one that
has a good fit in both primary and secondary models.
Coefficients of the model equations were determined using the open source statistics program, R for
Windows 3.3.1 (R Development Core Team, 2011). The statistical indices of bias factor (Bf) and
accuracy factor (Af) (Ross, 1996) were used to evaluate model performance.
𝐴U = 10

∑WXYZ[\]^_`abc_` /\efg_^h_` iW
j

,

∑ XYZ[\]^_`abc_` /\efg_^h_` i

𝐵U = 10

j

Eq. (4)

Where 𝑪𝒐𝒃𝒔𝒆𝒓𝒗𝒆𝒅 is the value of each experimentally observed data, 𝑪𝒑𝒓𝒆𝒅𝒊𝒄𝒕𝒆𝒅 is the predicted value
at the same time, and n is the number of observations.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2983

2.2.5. Validation of dynamic prediction model
The microbial growth of chicken was measured under a fluctuating temperature condition, and it was
compared with the estimations by the developed model. The comparison between predicted and
observed growth of TPC in chicken meat samples stored under fluctuating temperature condition is
graphically illustrated in Fig. 3. The Af and Bf were estimated to be 1.045 and 0.991 respectively,
and they matched well each other. The value of the Bf index showed that the predictions were 1%
shorter than the observations resulting in a systematic under estimation of the model. This implied
that the model of which parameters were determined by using the data from constant temperature
experiments could be applied to the cases of fluctuating temperature conditions.

Figure 4: Comparison of the measured microbial concentrations with the model estimated results for
packaged chicken meat samples stored at 0-8oC fluctuating temperature condition; ( ) observed
growth data, ( ▬) predicted growth, (blue line: temperature profile)

2.2.6. Remaining shelf-life estimation
Shelf-life is the recommended maximum storage time for the safe consumption of food, and it is
determined depending on the degradation mechanism of the interested food. For chicken meat, the
microbial growth count is usually used and it should not exceed the upper limit of microbiological
acceptability of 7 log CFU/g (Silliker et al., 1988; Tuncer and Sireli, 2008).
If the storage temperature is fixed, the shelf-life could be easily estimated by the developed model.
For example, if the chicken meat is stored at the constant temperature of 4 °C as shown in Fig. 4,
the total shelf-life will be estimated to be around 120 hours. If the initial microbial counts are different
the total shelf-life will be different as shown in Fig. 4, where the chicken of lower initial microbial
count would have 10 more hours of shelf-life. The remaining shelf-life could be estimated simply by
the difference between the total shelf-life and the elapsed time at the moment of estimation as shown
in Eq. (5).
Shelf-liferemaining = Shelf-lifetotal − 𝑡current

Eq. (5)

However, it would be hard to estimate the change of shelf-life under the fluctuating temperature
condition, since the total shelf-life changes with the shifting temperature. If the food temperature was
shifted to lower after spending a long time at a higher temperature and the shelf-life is estimated
using the recent temperature, then the shelf-life suddenly extends longer, and vice versa. The
dashed blue line in Fig. 5 represents the estimation of the remaining shelf-life of the chicken meat
under fluctuating temperature condition used for validation using the temperature history and
assuming the storage temperature to remain at the recent temperature for the time to come. It starts
with very long remaining shelf-life because the storage temperature is low at the beginning, then it
decreases sharply with the temperature shift-up. The remaining shelf-life increases sharply again
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with the next temperature shift-down indicating excessive sensitivity with temperature change, which
is caused by the assumption that the food temperature will be the same as the recent temperature
monitored throughout the remaining time. This might transfer false information to the customers.

Figure 5: Comparison of the remaining shelf-life estimations using the mean kinetic temperature and
the temperature histories under the 0-8℃ fluctuating temperature condition during storage; (▬)
based on mean kinetic temperature, (- -) based on fluctuating temperature, (green line) shelf-life limit

As a remedy for this, the mean kinetic temperature was tested as the food temperature to remain for
the remaining of the time of circulation. The mean kinetic temperature is the effective constant
temperature to represent the impact of the fluctuating temperature history on the food quality
degradation. It indicates the constant temperature 𝑇 = 𝑇MKT = 𝑐𝑜𝑛𝑠𝑡. at which the food quality
becomes at the level of the inspecting moment 𝑡current under fluctuating temperature 𝑇(𝑡) condition
as shown in Eq. (6). Since 𝑁 in Eq. (6) shows the food quality, it could be obtained by integrating the
equation as in Eq. (7)

𝑁(𝑡current , 𝑇 = 𝑇MKT = 𝑐𝑜𝑛𝑠𝑡. ) = 𝑁(𝑡current , 𝑇(𝑡))

(

𝑁 = 𝑁A + ∫A ~•€€•‚ƒ

}4
}(

(

(𝑡, 𝑇(𝑡)) 𝑑𝑡 = 𝑁A + ∫A ~•€€•‚ƒ

}4
}(

(𝑡, 𝑇 = 𝑇…†‡ = 𝑐𝑜𝑛𝑠𝑡. ) 𝑑𝑡

Eq. (6)

Eq. (7)

2.3. Real-time monitoring of freshness and distribution history
Manufacturers and logistics companies can manage their operations more rationally as a result of
the detailed information provided by the system, including food status data such as quality index,
remaining shelf life, number of microbes, mean kinetic temperature, history of in-transport
temperatures, production history, and abnormal temperature warnings. Detailed information on the
delivery vehicles, such as the travel status, location tracing function, and delivery completion status,
as well as a warning system for abnormal qualities or conditions is also provided. Fig. 6 shows the
concept of monitoring of freshness and distribution history during chicken meat distribution.
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Figure 6: The concept of real-time monitoring of freshness and distribution history during chicken
meat distribution

The quality monitoring system will provide accurate information for consumer purchasing decisions,
allow rational food management and price policies based on freshness, raise the sense of
accountability on the part of the food distribution industry, and lead innovation in logistics and
distribution.

3. CONCLUSIONS
The results of the current study, when applying real time freshness monitoring system to actual field,
during distribution in both constant temperature and fluctuated temperature, showed prediction was
excellent within the 95% prediction interval (PI). Therefore, we can conclude that the on-line quality
monitoring technology for refrigerated chicken meat during distribution process could be applied
effectively and reliably for the food quality management.
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ABSTRACT

Losses of stored fruits and vegetables may occur mainly due to non-uniformity of the
environmental conditions. Cooling air flow pattern in the cold storage chamber strongly depends on
the turbulence model applied. In modelling of mechanical ventilation standard k-ε model turbulence
models is used routinely because of good convergence. However, this model is not able to predict
the flow rate of the air stream and is unable to reproduce the Coanda effect. In the paper the
results of numerical modelling of processes in cold storage chamber for vegetables are presented.
The RANS turbulence models have been tested to determine the most appropriate ones for the
studied configuration. The highest difference of measured and computed temperature in the bulk of
vegetables is 0.40 K regardless of the turbulence model. Relative humidity difference varies
between 4 and 13%. Tested turbulence models led to overprediction of air temperature and
velocity, however the SST k-ω model gives the best results.
Keywords: Refrigeration, CFD, turbulence, comparison, RANS, vegetables, relative humidity,
simulations

1. INTRODUCTION
The need for refrigerated storage of fruits and vegetables causes significant energy consumption
and greatly influences the cost of postharvest handling of agricultural products. Storage facilities
should then be designed and maintained with low energy demands together with care to ensure
the high product quality. Bad storage conditions in cold stores of fruit and vegetables may induce
drying of the commodities or its low temperature injuries, therefore usually strongly affect the
stored products quality. Quantitative and qualitative losses may occur mainly due to non-uniformity
of the environmental conditions in the packed bed of stored products. The most important factors
affected the homogeneity in the bulk of vegetables are velocity, temperature and humidity of air
blown from the cooling unit, load arrangements and physical properties of stored vegetables and
fruit. A geometric model of the cold store cannot retain the shape of all of its relatively small
components. For that reason, a porous media model of large pores is widely used in modelling the
bed of the stored products and the fan cooler. A space occupied by a large number of small
objects is treated as a fictitious continuum of resistance to flow equal to the resistance of real
obstacles, taken into account by means of the additional negative source term in the momentum
equation. Containers of the stored vegetables are usually modelled by a packed bed including both
viscous and inertia resistance terms calculated according to the Ergun equation (Nahor et al.
2005). However, in Tapsoba et al. (2006) the containers were regarded as impenetrable solid
areas with specified boundary conditions on the walls. The resistance of the packed bed of
vegetables is calculated on the base of the measurements in Moureh et al. (2002). There are
additional problems associated with complex geometry of the flow through the containers with
stored products, the confinement effect of the porous medium, causing different flow conditions in
the vicinity of the walls and in the core of the bed, and narrow gaps between containers, strongly
increasing the number of computational cells. These problems were studied by Moureh et al.
(2002,2009a,b).
The fan air cooler is usually modelled with use of the simplified geometry and physics. The fans,
making the air to move in the chamber, are included into the model in many ways, mostly in 3D
approaches as infinitely thin plates for which pressure jump is assumed (Delele et al. 2009a,b),
and in 2D approaches as line segments (Chourasia and Goswami, 2007). Earlier, the effects of
pressure rise in the fan and pressure drop in the air cooler were modelled as a combined dynamic
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source in momentum equation in the direction of the local flow in the cooler (Hoang et al. 2000).
The performance of the fan and the flow resistance of the cooler were applied to obtain the
operation point of the fan. In paper (Nahor et al., 2005) the fan and the cooler were represented by
the distributed body forces and resistance which were taken from the characteristics of these
devices and applied to the block of cooler dimensions. Hoang et al. (2015) modelled the swirling air
jets blown out by the fans by means both nominal data and measurements of air velocity at the
outflow of the fans. The varying supply air temperature was modelled by exponential function with
adjustments taken from the measurements. It should be noted that flow pattern inside the storage
chambers strongly depends on the turbulence model applied

Figure 1: Experimental cold storage chamber of
Chinese cabbage (a view from the cooler side)

Figure 2: Geometric model of the cold storage
chamber

In modelling of mechanical ventilation of the cold storage chambers, turbulence models based on
Bousinesq approximation were mainly used. Standard model k- ε is used routinely because of
good convergence. However, this model is not able to predict the flow rate of the air stream blown
by the fan. It also fails in flow calculations with large areas of detachment and recirculation and is
unable to reproduce the Coanda effect. Using more advanced turbulence models is limited due to
worse convergence compared to the convergence of the standard k- ε model. However, the k- ε
model is still used, mainly as a compromise between computational costs and relatively good
prediction of the flow. In most cases for CFD analysis the RNG k- ε turbulence model is applied.
Hoang et al. (2000) presents results of simulation of airflow inside empty and fully loaded storage
chambers. The standard k- ε and RNG k- ε models were used. Maximum error between calculated
and measured velocity was 26% for both models. Later, Nahor et al. (2005) obtained accuracy of
22% for empty and 20% for loaded cold store for standard k- ε turbulence model. Mirade et al.
(2006) conducted an experimental validation of flow simulation with the k- ε, RNG k- ε and k-ω
models in cheese ripening chambers. The k- ε gives relatively good agreement with experiments
while for the rest of the tested models simulations did not converged. The RNG k- ε was also used
in Chourasia and Goswami (2007). The realizable k- ε turbulence model is used very rarely. Delele
et al. (2009a, b) applied the SST turbulence model, and later other models: SST k-ω, standard kω, standard k- ε, RNG k- ε, and realizable k- ε. The results obtained with application of these
models were compared with experiments. Model SST k-ω was considered as the most accurate.
Moureh et al. (2002, 2009a) used 6 equations Reynolds RSM stress model, applied due to the
closest real effect of modeling the detachment area of the free-stream from the cooler. In general,
RSM model is recommended for high swirling flows, with large volume deformations and high
curvature lines and detachment. It is estimated that the use of the RSM model increases the
iteration time by approximately 50-60% and the memory usage by approximately 20%. The use of
this model also aggravates the convergence, due to the strong coupling of the Reynolds stress
tensor components with the main flow parameters. RSM turbulence model was used in simulation
of airflow inside refrigerated vehicle Moureh et al. (2009a,b). According the authors only RSM is
able to predict the detachment points. Modeling the airflow, heat and mass transfer in the storage
chamber with consideration of the cooling unit and the bulk of vegetables due to non-uniformity of
parameters inside the chamber may be thought as a very complex issue. Many parameters can be
considered as crucial. Therefore, the obtained results of the modelling of processes occurring in
the cold storage chamber are presented as separate issues, e.g. Kolodziejczyk et al. (2016),
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Śmierciew K. et al. (2016). In this paper the numerical results obtained with use of various
turbulence models were compared with the experimental results.

2. NUMERICAL MODEL
View from the cooler side of the investigated experimental storage chamber in Fig. 1. The
geometry of the chamber and the load arrangement are shown in Fig. 2. The overall dimensions
were 2.05 × 4.33 × 2.93 m. The chamber was loaded with 2629 kg of Chinese cabbage, packed in
the plastic boxes, arranged as one block of dimensions 1.8 × 2.8 × 2.17 m that occupies most of
the space. Boxes of cabbage were placed on wooden supports. There was also a column of boxes
in the antechamber. The ceiling-type unit cooler was operating with glycol solution. The nominal
capacity of the cooler is 1148 W, and nominal air flow rate is 1105 m3/h. The airflow was
generated by three axial fans of 20 cm of diameter rotating at 1300 rpm, placed at the outflow of
the cooler.
The geometry of the cooling unit was simplified. The heat exchanger shape was assumed as a box
of porous medium and fans - infinitely thin plates with pressure jump depending on the local normal
velocity component according to the fan performance curve taken from manufacturer data+
p = − 0.085 Vn3 + 1.9046 Vn2 − 14.998 Vn + 60.604

Eq. (1)

where Δp is static pressure jump across the fans [Pa], V n is local normal velocity [m/s]. The rest of
the unit was empty, filled only with moist air. The swirling jets of air blown from the fans to the
chamber where visualized and measured. Air jets took the shapes of divergent cones. The angle of
divergence was in range 80°÷90° and the inclination angle of velocity vector to the circumference
of the fans was about 15°÷20°. On the basis of these parameters the radial and tangential
components of velocity were defined by means of UDFs. The other solid parts of the cooling unit
were excluded from the domain of solution.
Moist air was modelled as a mixture of oxygen, nitrogen and water vapour described by the
species transport model without chemical reactions. The air was regarded as an ideal
incompressible gas with physical properties modelled as the fourth-degree polynomial functions of
temperature with coefficients taken from ANSYS Fluent library.

Figure 3: View of the mesh of the chamber: side view (left), top view (middle) and air-cooler (right)

The governing equations for the airflow in the cold storage chamber are the continuity equation for
the moist air, the Navier-Stokes momentum equation, two energy equations for fluid and solid
zones of porous medium, and two species transport equations for oxygen and water vapour. The
mass fraction of nitrogen was calculated as a supplement to unity. The Reynolds time-averaging
procedure was applied to transform Navier-Stokes equations into RANS equations, closed by the
turbulence model. ANSYS Mesher with cut cell method was used to obtain the computational grid
of 19.2 million control volumes (see Fig. 3). Calculations were carried out with SIMPLE (SemiImplicit Method for Pressure Linked Equations) algorithm due to its lower memory requirements.

3. RESULTS AND DISCUSSION
View of the investigated experimental storage chamber seen from the cooler side is presented in
Fig. 1. During the post-harvest storage in the investigated cold room an experimental study was
conducted in order to get environmental information (velocity, temperature and relative humidity of
air) required to examine the computational model. Velocity and relative humidity of air
measurements were carried out in the mid-plane (for X=0.99 m) of the chamber at grid points
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locations presented in Fig. 2 at four level above the load (marked as V1÷V4) and on one level (V5)
near the side wall (for X=0.25 m) using mobile measuring system presented in Fig.1. Velocity was
measured at levels: V1 - 5 cm below the ceiling, V2 – 20 cm below the ceiling, V3 - 40cm from the
ceiling, V4 - just above the bed, 63 cm from the ceiling. Measurement level V5 was located 52 cm
below the ceiling (z = 2.41 m). Relative humidity was measured at RH level. Velocity and humidity
sensors travelled along the horizontal linear guide carried by a slide moving automatically between
points of the measuring grid shown in Fig. 2. The data were collected at 8 verticals during 10 min
of rest at each position with frequency of 1 Hz. Air temperature measurements in the bulk of
cabbages were also performed at 7 points marked in Fig. 2 as yellow points.

Figure 4: Velocities measured by the data acquisition system

Omni-directional transducers Delta Ohm HD103t were applied to measure the magnitude of
velocity vector with air speed accuracy of ±0.04 m/s in the range of 0 ÷ 0.99 m/s and ±0.2 m/s in
the range of 1 ÷ 5 m/s. Relative humidity was measured with an EE Elektronik sensor of J type with
accuracy of 2.7% in the range above 90% relative humidity and 1.5% below 90% of relative
humidity. Air temperature in the bulk of cabbage was measured with T-type thermocouples Czaki
(precision ±0.2 K), at points marked in Fig. 2 as Tp points.
Thermal conditions in the cold store were changed constantly, mostly because of the requirements
as to defrost cycle (2 times a day) of the cooler executed by the electric heaters accompanied by
stopping of the fans, but there were some periods of time when conditions in the chamber were
more stable. In Fig. 4 presents the velocities at levels V1÷V5 measured by the data acquisition
system during 6 runs of the measurement line movement along the guide axis. Data collected at
this time were selected after averaging for comparisons with the steady state simulations results.
A series of test calculations with the following models of turbulence for RANS equations were
carried out: the standard model k-ε, RNG k-ε and realizable k-ε (with enhanced wall treatment),
and with the model SST k-ω. The results of calculations obtained for different turbulence models
are shown in the following figures.
Table 1. Comparison of experimental and calculated results of RH

Relative humidity at RH level [%]
1
2
3
4
RH exp.
88.40
88.20
88.00
87.90
RH sst k-
93.20
93.20
93.20
93.19
RH k-
93.16
93.45
93.82
94.15
RH realizable k- 91.96
92.60
93.27
93.77
RH RNG k-
97.18
97.52
98.23
98.66
Relative difference of measured and computed RH [%]
sst
 RH
[%]
5.43
5.67
5.91
6.02
k −
 RH [%]
5.38
5.96
6.61
7.11
real .
 RH
[%]
4.02
4.99
5.99
6.68
rng
 RH
[%]
9.93
10.56
11.63
12.24

5
87.20
93.20
94.38
94.29
98.82

6
89.10
93.22
94.10
94.93
98.98

7
89.70
93.22
94.45
94.66
98.31

8
88.80
93.19
91.87
95.06
98.86

6.88
8.23
8.13
13.33

4.62
5.61
6.55
11.09

3.92
5.29
5.53
9.60

4.94
3.46
7.05
11.33
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Table 2. Comparison of experimental and calculated results of the temperature

Air temperature in the bulk [K]
1
2
3
4
5
6
T exp.
274.36
274.36
274.13
273.93
273.93
274.00
T sst k-
274.33
274.32
274.31
274.32
274.28
274.15
T k-
274.34
274.33
274.32
274.32
274.28
274.22
T realizable k-
274.20
274.33
274.32
274.33
274.30
274.22
T RNG k-
274.34
274.33
274.32
274.33
274.30
274.23
Relative difference of measured and computed temperature in the bulk [%]
0.011
0.016
0.066
0.142
0.127
0.055
 tsst
k −
0.008
0.011
0.069
0.144
0.129
0.080
t
real .
0.060
0.010
0.070
0.144
0.136
0.082
t
0.008
0.010
0.070
0.144
0.137
0.086
 trng

7
273.94
274.19
274.18
274.20
274.21
0.091
0.088
0.094
0.100

The comparison of experimental data and calculated relative humidity of air is presented in Table
1. Relative difference of measured and computed relative humidity vary between 4 and 13%.
Turbulence model SST from k-ω gives calculated values the closest to the experimental ones. The
smallest values of relative differences are bolded. On the other hand, RNG k-ε predicts relative
humidity with the highest error. The comparison of experimental and calculated temperature in the
bulk is presented in Table 2. The highest difference is 0.40 K regardless of the turbulence model
was obtained at a point Tp4, that is in the middle of the bulk. Again, the smallest relative
differences are bolded.
Figures 5 - 9 show the calculated and measured velocities magnitudes. In these figures the
average experimental velocities, and also, the lowest and the highest velocities readings at each of
the grid point are shown. It is seen that for different measurement levels the velocity distributions
are predicted with different accuracy, regardless of turbulence model. The computed data extend
beyond this range in many locations, especially at V3 level. However, for each level it is possible to
find several points at which the calculated velocity is consistent with the experimental data with
high or lower accuracy.
For example, RNG k-ε model gives very good accuracy for level 2 and level 4, but it fails for level 1
and 3. It is worth to note that the measurement level V2 is approximately at the same distance from
the ceiling as the axis of the fans. The shape of the air jet strongly affects the results at V1 and V3
levels. Velocity magnitude at V3 level depends also on the disturbances caused by the guide of the
measuring system. Also, the figures show that for level V1-V4 (see Fig. 5-8), models overpredicts
the velocity with few exceptions. Velocity at level 2 is predicted the most accurately, and only few
points lie beyond the measured minimum or maximum values. On the other hand, the largest
differences are observed for level 1 and level 4. For level 5 (see Fig. 9) at the side wall of the
chamber all tested models underpredicts the velocity but behind the bed of vegetables the velocity
is overpredicted.

Figure 5: Comparison of experimental and
calculated velocities at level V1

Figure 6: Comparison of experimental and
calculated velocities at level V2
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Figure 7: Comparison of experimental and
calculated velocities at level V3

Figure 8: Comparison of experimental and
calculated velocities at level V4

Figure 9: Comparison of the experimental and calculated velocities at level V5

It is clearly seen from Fig. 8-9 that the range of velocity readings taken at the same positions are
fairly wide, so the airflow in the jet blown out by the fans is highly turbulent and unstable. Three
swirling jets interfere with each other, with ceiling of the room, walls, rough and changing in time
top surface of the bed and with supports of the measurement system. Thus, the stationary process
assumed there may be only a quite rough approximation of a real flow that occurs in such a
complex system.

Figure 10: Comparison of experimental and
calculated temperatures at level V1

Figure 11: Comparison of experimental and
calculated temperatures at level V2

Figures 10 - 14 shows the temperature distributions at each locations of the measurement sensors.
The experiments showed that the lowest air temperature above the stored products was measured
at the level 1 (5 cm below the ceiling). Temperature at level 2 is approx. 0.5 K higher than at level
1.
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At level 3 and level 4 an influence of the swirl can be observed. In the middle of the measurement
line the temperature sensor is inside the cold air stream and temperature is slightly decreasing. At
this point cold air blown from the cooler starts to penetrate the products. It can be seen that the
tested turbulence models in most of the cases overpredict temperature of the circulating air. The
opposite trend at level 4 is observed. This might be an effect of not sufficient data inserted to
numerical model dealing with respiration of the cabbage. In general, temperature lines obtained
from the tested models are almost flat which means that these models give almost constant
temperature along the measurement lines. In addition, temperature obtained from k-ε model
among all tested models differs most significantly from the experimental data. Similarly, to velocity,
temperature at level 2 is predicted with the highest accuracy. The most accurate temperatures
were obtained from simulation with SST k-ω and RNG k-ε models.

Figure 12: Comparison of experimental and
calculated temperatures at level V3

Figure 13: Comparison of experimental and
calculated temperatures at level V4

Figure 14: Comparison of the experimental and calculated temperatures at level V5.

4. CONCLUSIONS
Cooling units are equipped with fans mounted either at the inlet to the cooler or at the outflow to
the chamber. The second ones create important problems in simulation due to difficulties in
modelling the details of the jets blown from the fans, their shapes and their swirls. These are the
first important factors that affect the flow pattern above the vegetables bed. The other one is the
model of turbulence that have an impact on the way the air jets interact with each other and with
the surroundings. In the present paper popular RANS turbulence models were tested. Velocity,
relative humidity and air temperature were compared with experimental data. From all of the tested
models, the realizable k-ε and SST k-ω models were the most promising. The realizable k-ε model
was slightly better in prediction of the velocity distribution at the level V1 and V2 than the SST
model, but it was not able to reproduce the velocity profile at V3, V4 and V5 levels. The SST k-ω
model was the only one which managed to form air stream outflow wide enough to get close to the
experimental data obtained at V5 level. Temperature distributions obtain from different models
were in most cases overpredicted. However, the SST k-ω model gives the most accurate values.
Air temperature in the bulk and relative humidity are well predicted by SST k-ω turbulence model.
Relative difference of measured and computed relative humidity is below 7%.
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The SST k-ω model of turbulence proved to be the better one from all of the RANS models tested,
because of its better ability to represent the airflow above the bed, although slightly short of ou r
expectations. Hence, the other time dependent models should be taken into account in future
research. The comparison shows that further work has to be undertaken in modelling of air jets
blown from the air cooler.
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ABSTRACT
Study explains the influence of thermal properties on the atmospheric freeze-drying process of brown
seaweeds in fluidized bed, especially on fluidization, that is important for efficient and rapid drying.
Two different types of raw materials (washed and raw) were investigated using differential scanning
calorimetry technique. Raw seaweeds contained high amount of salts and water soluble fraction on
the surface, that influences significantly the amount of unfrozen water at low temperatures (up to
11.6 % w.b. at -25.0 °C), while washed seaweeds showed almost complete freezing without
significant depressing of freezing point. The diagram that shows the amount of ice with respect to
temperature and total moisture content was obtained. The efficient drying process can be obtained
using washed seaweeds, which do not contain water-soluble elements on the surface, while raw
seaweeds showed agglomeration of particles during drying, due to significant depression of freezing
point.
Keywords: Seaweeds, Ice Content, Atmospheric Freeze-Drying, Unfreezable Water, Glass
Transition.

1.

INRODUCTION

Most of the seaweeds, which are used for food purpose in Norway belong to aquaculture products,
when hatching, growth and harvesting is controlled continuously. The harvesting season occupies
approximately 2 weeks in a year to provide the best quality of the seaweed’s blades. The processing
technology requires immediate treatment of raw seaweeds to ensure production of sustainable and
high quality product. Due to high quantities of raw seaweeds during harvesting, immediate freezing
is applied to prevent deterioration. However, drying is a common way to preserve food products like
seaweed and most of the seaweeds are sold in a dried form (Forster and Radulovich, 2015). Solar
and natural drying of seaweeds is a cost-effective method. At the same time climate conditions can
result in a high final moisture content in the dried product (Phang et al., 2015) due to high moisture
absorption ability (Lemus et al., 2008), also, the process is quite long and lasts between 5 and 7
days (Fudholi et al., 2011).
Due to this, the producers of Saccharina Latissima are considering an atmospheric freeze-drying
process in fluidized bed as the most reliable for the given processing condition in Norway. However,
first drying tests showed the agglomeration of particles that created significant difficulties, when
drying even at -10.0 °C. The particle stick together and form bulks, which cannot be penetrated by
air flow. This increases the drying time significantly and leads to quality degradation. Thus, design
of equipment and adjustment of the processing parameters is complicated without knowledge of
thermal phase transitions at freezing temperatures. The study discusses the thermal properties of
seaweeds (raw and washed) and seaweed’s mucus and their influence on the atmospheric freezedrying process in fluidized bed.
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2.
2.1.

MATERIALS AND METHODS

Description of Experiments

The brown algae Saccharina latissimi that is commonly referred as kelp (Sugar kelp or kombu) was
used for the experiments. The seaweeds was cultivated for one year in an aquaculture farm, which
is situated in Sør-Trøndelag (Norway). Harvesting season was 15 days in May 2017 to maintain the
best quality of the seaweeds and avoid high amount of biofouling. The seaweed was harvested into
nets (75-150 kg). The nets were buffered in the seawater at the farm where they were kept in
refrigerated seawater (-1.0 °C) for 1 week before freezing. Then the seaweed was weighed out and
packed inside vacuum bags with high barrier properties (2.0 kg each). Freezing was done at –46.0
°C until temperature in the center of the bag reached -18.0 °C. After freezing the bags were packed
in cardboard boxes, put on pallets and placed in freeze storage at -18.0 °C. The kelp was delivered
in a frozen state by the supplier (June 2017). The seaweeds were defrosted at +4.0 °C (15.0 hours).
Three types of samples were investigated during this study using differential scanning calorimetry
methods:
• Raw seaweeds (seaweed blades) without pre-processing;
• Mucilage from seaweed surface (mucus), as soon as, this substance covers surface of
seaweed particles;
• Washed seaweed, when the mucilage is removed from the surface by preprocessing.
Washing of seaweeds took place in a boiling water (100.0 ºC) for 1.0 min. The blanched seaweeds
were immediately cooled in water (5.0 °C).
2.2.

Chemical Content Determination

Chemical composition of Saccharina latissima at harvesting season (analysis performed by
accredited analytical laboratory Kystlab preBIO, Frøya, Norway).
2.3.

DSC Analysis

The DSC analysis was done with a DSC Q 2000 (TA instruments, USA) equipped with a Liquid
Nitrogen Cooling System. The heat capacity was calibrated with a sapphire in the range between –
150.0 and 180.0 °C. Helium was chosen as a purge gas at 25 mL/min, according to TA’s instrument
recommendations. The reference sample was an empty hermetically sealed aluminum pan.
The samples with masses between 13.0 mg and 20.0 mg were placed into aluminum pans with
hermetic lids. The pans were sealed with a Tzero® DSC Sample Encapsulation Press (TA
Instruments, USA). The pans were placed by an autosampler into the DSC cell. Samples were
cooled and equilibrated for 5 minutes at –150.0 °C; the cooling rate was 10.0 °C min-1. The annealing
procedure was applied at –50.0 °C. This was done to avoid cold crystallization during scanning.
Then the samples were heated up to 50.0 °C (application of higher temperatures was not effective
due to evaporation of moisture) with the heating rate of 10.0 °C min-1.
2.4.

Determination of Glass Transition

The glass transition was determined with TA Universal Analysis 2000 version 4.5A software (TA
instruments, USA). The glass transition is characterized with the following parameters: the onset,
end and inflection points. It should be noted, that the glass transition in seaweeds with high moisture
content is relatively weak. Thus, the inflection point was determined as a negative peak of the derived
heat flow curve (Tolstorebrov et al., 2014).
2.5.

Determination of the end of Freezing and Initial Freezing Point

The onset of ice melting (or the end of freezing point), was determined by analyzing the DSC heating
curve. The freezing point was estimated as a minimum value of the derivation of ice melting
endothermic peak on the DSC heat flow curve.
2.6.

Determination of Ice Fraction and Unfreezable Water

The amount of unfreezable water and ice fraction was detected by the DSC melting curve analysis.
The DSC melting peaks were integrated with the sigmoidal tangent baseline function from the onset

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

2997

of ice melting point. The ice fraction was determined as a ratio of melting energy to latent heat of
fusion of pure ice. As soon as melting energy of ice is a function of temperature, the empirical
equation suggested by Riedel (1978).
The amount of unfreezable water was obtained as the difference between the total water fraction in
the product and the ice fraction.
2.7.

Statistical Analysis

The analysis of variance (ANOVA: single test and two-factor test with replication) was applied to
analyze the obtained data. The difference was considered significant at p<0.05. All the experimental
points were done in six parallels.

3.
3.1.

RESULTS AND DISCUSSION

Chemical Composition of Saccharina latissima

Water content of the washed seaweeds was at 94.6 (0.9) % w.b. Chemical composition of the
aquaculture seaweeds is given in the Table 1.
Table 1. Chemical composition of Saccharina latissima

Chemical composition
Proteins
Fats
Carbohydrates
Incl. Dietary fiber
Ash
Incl. Salt (NaCl)
Water

%, d.b.
11.2
2.9
55.3
46.6
37.9
14.6
900.0

Minerals , mg∙kg-1 d.w.
Potassium
84000
Sodium
52000
Calcium
10000
Magnesium
7500
Sulfur
7300
Iodine
3670
Phosphrus
1700

Protein content of the seaweeds was determined at 11.2 % d.b., which was in a common range for
brown seaweeds between 3.0 and 15.0 % (Fleurence, 1999). The aquaculture seaweeds form
Damariscotta bay (USA) had a protein content of 6.87 % d.b. (Sappati et al., 2017), which was in the
range (between 9.9 and 7.6 % d.b.) of the previously obtained results for wild sugar kelp form
Scotland, Isle of Seil (Schiener et al., 2015).
Salt (NaCL) content was very high in the Norwegian cultivated seaweeds due to washing process in
seawater before freezing at factory. It is important to note that age of Saccharina’s biomass was not
determined in the mentioned above studies. Carbohydrate and ash content of Norwegian sugar kelp
was almost the same as for aquaculture kelp from USA (53.36 % and 37.79 % d.b. respectively) but
different, when compared with wild sugar kelp form Scotland (63.1 % and 31.7 %). The
carbohydrates in Saccharina latissima are presented by alginate, mannitol, cellulose and laminarin.
The available research for cultivated Norwegian sugar kelp reports mannitol and laminarin content
in the ranges between 3.0-7.0 % d.b. and 0.2-0.9 % d.b. respectively (Tønder, 2014). Such deviation
was explained by difference in the depth of cultivation of seaweeds. These compounds belong to
storage carbohydrates since they are utilized as energy source during winter for new tissue growing
(Schiener et al., 2015).
3.2.
Glass Transition Phenomena in Raw Seaweeds, Seaweed Mucus and Washed
Seaweeds
Three types of the samples were investigated: raw seaweeds (seaweed blades), seaweed’s mucus
and washed seaweeds. The DSC investigation revealed two glass transitions at the ultra-low
temperature region at -81.4(2.6) and -62.14(0.46) °C for seaweed’s blades and at -76.41(2.15) and
-55.02(0.48) °C for mucus (Fig. 1).
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Figure 1: Example of glass transition of raw seaweeds, seaweed mucus and washed seaweeds

It should be noted, that the glass transition phenomena was weak due to the high amount of water
fraction in the product, however, the negative peak was clearly observed on the derived heat flow
curve. In previous study of Sappati et al. (2017) only one glass transition event was determined.
The occurrence of two glass transitions refers to the different fractions of unfreezable water, which
independently form different maximal freeze concentrated solutions. Each of the solutions has a
unique point of glass transition. The presence of more than one glass transitions for low-moisture
foods, which contain carbohydrates and proteins, was reported before (Figueroa et al., 2016). It is
explained by the transitions of blends and thermal history of the sample. Also, immiscible
compounds, which forms individual maximal-freeze concentrations solutions, can cause several
glass transitions. However, it is not a strict rule (Gaikwad et al., 2008). The washed seaweed did not
show the glass transition event at low and ultra-low temperature ranges. As a conclusion, one can
state that the second order phase transition will not influence the atmospheric freeze drying process
(temperature range between -5.0 and -10.0 ⁰C), while ice is presented in the product.
3.3.

End of Freezing and Melting Peaks of Raw Seaweeds and Seaweed Mucus

A so-called “end of freezing” is an equivalent of the incipient point of ice melting on DSC heat flow
curve (considering equilibrium freezing process). This point can be found on the heat flow curve
derived by temperature (or time). The detailed information of the method available in Tolstorebrov et
al. (2014).

Figure 2: End point of freezing (onset of ice melting) for raw seaweeds, mucus and washed seaweeds
on derived heat flow curve
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Seaweeds blades and mucus showed the same values of the end of freezing point -42.2(1.6) and 42.1(1.7) °C (p<0.05). At the same time, washed seaweeds had incipient point of ice melting at -20.0
(1.2) °C, Fig. 2. This data was used for the derivation of melting peak for obtaining melting energy.

Figure 3: Melting peaks, initial freezing point of raw seaweeds

The melting endotherm consisted of two peaks for both raw seaweeds and mucus, Fig.3. The low
temperature melting peak reflected eutectic point of salts (mostly NaCL), the high temperature
melting peak shows the crystallization (melting) of water. Initial freezing point was determined as an
extremum of the derivate line of ice melting peak at -2.4(0.2), -2.5(0.2) and -0.2(0.05) °C for seaweed
blades, mucus and washed seaweeds respectively.
Analysis of the melting peak revealed that a significant part of moisture was in a crystalline form at
freezing temperatures. The value of melting energy was found at 267.4(5.1), 259.4(1.0) and 307.2
(4.8) kJ kg-1 for raw seaweeds, mucus and washed seaweeds respectively. It is remarkable, that a
high amount of ice was formed in the raw seaweeds (p<0.05) while the mucus had a higher moisture
content 92.6(0.4) vs. 88.8(0.6) % w.b. (p<0.05). Relatively low freezing point and low ice content in
the temperature range between -5.0 and -10.0 ⁰C, created difficulties for atmospheric freeze-drying
process. The summing up of thermal events, which occurred in raw seaweeds and seaweeds mucus,
are introduced of Fig. 4. The transitions of washed seaweeds were limited by Stage 1 and Stage 2
only.

Figure 4: Simplified diagram of phase transitions in raw seaweeds and seaweed mucus

3.4.
Ice Content and Unfreezable Water in Seaweed’s Blades and Mucus with Respect to
Temperature
Raw seaweeds showed 5.4(1.4)% w.b. of unfreezable water, while the value of 11.4(1.1) % w.b. was
determined for mucus. Washed seaweeds had the lowest content of unfreezable water 2.2 (1.0)%
w.b., which is at the sensitivity border of applied method. The value of unfreezable water in mucus
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was relatively high when compared with other foods. This will result in a low content of solids in the
maximal freeze concentration solution that was formed during the transition of water into ice. At the
end point of freezing, the freeze concentration was at 66.4(11.5) and 39.2 (3.05) of solids % w.b. for
seaweed’s blades and mucus respectively.
All the types of samples showed a significant increasing of ice content in the vicinity of initial freezing
point, Fig. 5, which is typical for seafood products of a high moisture content.

Figure 5: Ice fraction in raw seaweeds, mucus and washed seaweeds: measurements and model

The concentration of ice reached 70.0, 70.5 and 92.2 % w.b. at -10.0 °C and 60.0 (0.42) and 60.4
(0.9) % w.b. at -5.0 °C for raw seaweeds, mucus and washed seaweeds respectively. This
temperature range was considered to be the most common for atmospheric freeze-drying process
application (Claussen et al., 2007). The model of Schwartzberg (Schwartzberg, 1976) was used to
predict the ice fraction, xice,T, %, at different temperatures (Eq. (1)):
𝑥𝑖𝑐𝑒,𝑇 = (1 −

𝑇𝑖.𝑖𝑐𝑒
) (𝑥𝑤𝑎𝑡𝑒𝑟
𝑇

− 𝑥𝑢𝑓𝑟𝑒𝑒𝑧𝑎𝑏𝑙𝑒.𝑤𝑎𝑡𝑒𝑟 ) ∗ 100%

Eq. (1)

where, 𝑇𝑖.𝑖𝑐𝑒 – initial freezing point, ⁰C; 𝑥𝑤𝑎𝑡𝑒𝑟 – total water content, kg kg-1; 𝑥𝑢𝑓𝑟𝑒𝑒𝑧𝑎𝑏𝑙𝑒.𝑤𝑎𝑡𝑒𝑟 unfreezable water content, kg∙kg-1.
The model accuracy were weak for all the samples. This occurred due to the high salt content in raw
seaweeds and in mucus (formation of hydrates of salts and crystallization of salt during freezing),
while, washed seaweeds behaved rather similar to wet cotton than to a food material.
One can notice that the values of ice content are not so different in the raw seaweeds and mucus
(for the same temperature intervals). At the same time, the concentration of solids (kg∙kg-1, w.b.) was
different, which influenced on the ice development during the atmospheric freeze-drying process.
3.5.

Development of Ice Content During Drying

The ice content in a product is in equilibrium with freeze concentrated solution and temperature:
decreasing of the temperature results in the increasing of ice content, while increasing of solids in a
freeze concentrated solution provoke the ice melting. Classical explanation of atmospheric freezedrying process includes sublimation of ice and formation of dry front in the product. However, this
situation would not occur in the case of seaweeds, as soon as ice crystals will be covered by the
layer of unfrozen brine, which include dissolved salt ions, carbohydrates (mannitol) and proteins.
Obviously, evaporation of unfrozen brine will be predominant. This will increase the concentration of
solids in the concentrated solution and the ice crystals will melt (Fig. 5).
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Figure 5: Example of atmospheric freeze drying of raw seaweeds, surface of seaweeds

Fig. 6 introduces the decreasing of ice content with respect to the total moisture content. Ice melting
occurred much more rapidly for mucus (blue lines on Fig. 6). Thus, the surface of the product will
show the different drying behavior when compared with the whole blades. The application of
temperatures below the initial freezing point is suitable only at a high moisture content of the product.
When the moisture content (kg∙kg-1, w.b.) decreases, for example, to 73.0 % for seaweeds and to
82.0 % for mucus at -5.0 °C, the application of freezing temperatures is not required, as soon as all
the ice will melt.

Figure 6. Equilibrium ice fraction in seaweeds (left) and mucus (right) for different atmosphericfreeze drying temperatures (with respect to total water content)

Diagram on the Fig. 6 can be used for the determination of desired freeze-drying temperatures.
However, the specific properties of seaweed mucus limit the application of atmospheric freeze drying
process in fluidized bed, due to active ice melting when decreasing the moisture content. The
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washed seaweeds showed the best properties for atmospheric freeze-drying in fluidized bed due to
maintenance of high ice content even at low total moisture content. This was achieved due to low
concentrations of solutes in the tissues and on the surface of the washed seaweeds.

4.

CONCLUSIONS

The two glass transition phenomena was detected at the ultra-low temperature region at -84.77(1.35)
and -62.14(0.46)°C for seaweed’s blades and at -74.44(2.15) and -55.02(0.48) for mucus. Seaweeds
blades and mucus showed different values of the end of freezing point: -52.23(1.61) and -42.1(0.65)
°C. The unfreezable water content in seaweed blades was 5.4(1.4)% w.b., while the value of
11.4(1.1) % w.b. was determined for mucus. Due to this, the maximal freeze concentration was at
66.4(11.5) and 39.2 (3.05) of solids % w.b. for seaweed’s blades and mucus respectively. The
application of atmospheric freeze-drying process is limited by full ice melting when the total moisture
content is still high (during drying process). This leads to agglomeration of particles and decreasing
of drying efficiency. Washed seaweeds, in contrast, showed better properties for atmospheric freezedrying in fluidized bed.
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ABSTRACT
Sea bream (Sparus aurata) is one of the most important fish species farmed in Mediterranean
countries. Its demand has increased during the past decade. However, it’s a perishable product and
ice toping is widely used in order to extend its shelf life. Essential oils (EOs) have antimicrobial and
antioxidant properties. EOs have been used in ice to improve fish preservation. Although, EOs affect
sensory properties in fresh fish. To avoid that effect EOs can be encapsulated in beta-cyclodextrin
(β-CD). The aim of this study was to evaluate the antimicrobial effect and the shelf life of refrigerated
fresh sea bream stored at 2 ºC in polystyrene boxes with nanoencapsulated EOs in β-CD embedded
in the ice toping (as antimicrobial ice). The results demonstrated that nanoencapsulated essential
oils embedded in the ice reduce microbial growth and improve shelf life. Furthermore, the sensory
attributes of refrigerated sea bream with nanoencapsulated antimicrobial ice were better evaluated.
Keywords: antimicrobial ice, quality, fresh fish.

1. INTRODUCTION
The sea bream (Sparus aurata) is one of the most important fish species farmed in several
Mediterranean countries as Greece, Turkey, and Spain. Furthermore, its demand has increased
significantly during the last decade due to consumers demand fresh fish because of its quality and
healthy characteristics (Goulas and Kontominas, 2007; FEAP, 2016). However fresh sea bream is
extremely perishable. It is highly susceptible to spoilage during ice storage due to enzymatic and
chemical reactions, and microbial activity that is responsible for the obvious spoilage and its short
shelf life of 14-15 days (Carrascosa et al, 2015). Ice storage is widely used to preserve fresh fish but
other methods have been studied in order to extend shelf life and avoid undesirable spoilage. It is
known that the essential oils (EOs) have preservative properties. In fact, essential oils have
antimicrobial properties with the potential to extend the shelf life of foods. Methods as icing with
various antimicrobial and antioxidants, including EOs, have been reported. However, EOs usually
have a strong flavor that can affect negatively to fish sensory properties (Burt, 2004). In order to
avoid this negative effect, we used Cyclodextrins (CDs) in this work. CDs are cyclic oligomers of αD-glucopyranose. The β-cyclodextrin (β-CD) molecule is made up of 7 D-glucose monomers linked
by α (1,4) bonds, exhibiting the shape of a truncated hollow cone. The cavities of β-CD are
hydrophobic, whereas the external faces are hydrophilic. These qualities allow that β-CD is a good
option for essential oils encapsulation to increase water solubility and avoid undesirables flavor in
the food. Hence, β-CD has been utilized in food mainly for molecular encapsulation of EOs forming
the EOs+β-CD complex (Szente and Azejtli, 2004; Ayala-Zavala et al., 2008).
Within a great variety of EOs, bergamot, and grapefruit essential oils are very interesting to be used
in fish preservation. Bergamot is the common name of the fruit Citrus bergamia Risso (family
Rutaceae), which is a rich source of flavonoids (such as naringin, neoeriocitrin, neohesperidin, rutin,
neodesmin, rhoifolin, and poncirin) and has a fresh and elegant aroma. The major compounds of
bergamot EOs are limonene, linalyl acetate, linalool, γ-terpinene, and β-pinene. Grapefruit essential
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oil is one of the most popular fragrances in body care products because it adds a refreshing quality.
These essential oils are a mixture of volatile compounds like terpenes and oxygenated derivatives
such as aldehydes (citral), alcohols and esters, their main component being D-limonene. Bergamot
and grapefruit extracts have been studied to inhibit the oxidation of fish lipid with successful results
and were the most preferred citrus in terms of sensory analyses (Yerlikaya et al, 2016).
By other hand, oregano EOs are one of the most used antimicrobial and antioxidant agents in fish
and seafood products (Hassoun and Çoban, 2017). The major compounds of oregano EOs are
carvacrol and thymol (phenols) which have antioxidant and antimicrobial activity (Juliano et al, 2000).
Carvacrol is reported to be the main compound responsible for the antimicrobial and antioxidant
activity of oregano essential oils (Rodríguez-García et al, 2016).
To increase the shelf life of the fresh sea bream stored in ice, in this work a combination of EOs
encapsulated in β-CD were included in the ice, and this antimicrobial ice was applied as top icing on
the fresh sea bream packaged in polystyrene packages.

2. MATERIAL AND METHODS
Carvacrol, Bergamot (Citrus bergamia), and grapefruit essential oils were obtained from Lluch
Essence Company (Barcelona, Spain). β-Cyclodextrin (β-CD) was supplied by Roquette Freres
(Lestrem, France). The EOs+β-CD inclusion complex powder was prepared following the kneading
method (Marques, 2010), and the crushed ice including EOs+β-CD embedded in the ice crystals
was manufactured by adding and dissolving the EOs+β-CD powder in the feeding water to the ice
machine (Scotsman, Milan, Italy). The EOs+β-CD concentration in ice is expressed in mg of EOs/kg
of ice. A combination of Carvacrol and two essential oils (Bergamot and Grapefruit), in a ratio of
3:1:1 (w/w/w), respectively, were used to obtain this antimicrobial ice.
The fresh fish (650 ± 50 g body mass, bm) were obtained from a fish farm of the Spanish company
“Servicios Atuneros del Mediterráneo SL” (San Pedro del Pinatar, Murcia, Spain) located in Southeastern Spain. Fish was caught and slaughtered by hypothermia using seawater and ice in a ratio
of 1:1 (w/w). Then, after 2 hours from killing the whole fish was packaged in polystyrene boxes and
covered with two kinds of crushed ice: (i) ice without antimicrobial (control), and (ii) the cited
antimicrobial ice. The ice/fish ratio (1:3, w/w) was held constant throughout the refrigerated storage
experiments. The polystyrene boxes were provided with holes for water drainage. The fish packaged
in these boxes was stored in a cold room at 2 ± 0.5 ºC for 19 days. Samples were taken on day 0,
7, 13, 15 and 19 of storage to perform the different analyses. Two fish pieces were used for
physicochemical and microbiological analyses and another one for the sensory analysis.
In order to perform the microbiological counts, 25 g of fish muscle sample was added to 225 mL of
sterile peptone water (Scharlau Chemie) and homogenized with a stomacher (Colwort Stomacher
400 Lab, Seward Medical, London, UK). From this dilution, other decimal dilutions were prepared
and plated on the appropriate media. Plate Count Agar (Scharlau Chemie) was used for enumeration
of mesophilic and psychrophilic aerobic bacteria, and plates were incubated for 48 h at 30 ºC and 7
days at 4 ºC respectively. Pseudomonas sp. were determined on Cetrimide Agar (Scharlau Chemie)
after incubation at 37 ºC for 48 h. Enterobacteriaceae spp. were counted on violet red bile glucose
agar (Scharlau Chemie) incubated at 37 ºC for 24 h. All plates were performed in triplicate and the
results were expressed as logarithms of the number of colony-forming units per gram (log CFU/g).
The pH was measured with a pH meter (pH-meter Basic 20, Crison). Fish muscle (5 g) was
homogenized thoroughly with 10 mL of distilled water and the homogenate was used for pH
determination.
Trimethylamine nitrogen (TMA-N) was determined using the Picric Acid Method (AOAC, 1998) and
measured by spectrophotometer at 410 nm. TMA content was expressed as mg N/ 100 g fish muscle.
The Water-holding capacity (WHC) analysis was based on the method described by Grau and Hamm
(1953). WHC was expressed in percentage.
The sensory evaluation of samples was performed by a sensory panel of seven people (24–50
years) trained for sensory quality analyses. The evaluations were done in a sensory room according
to international standards (ASTM STP 9133, ASTM, 1986). Sensory evaluation was conducted in
individual booths under controlled conditions of light, temperature and relative humidity.
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3. RESULTS

The changes in the microbial flora of fresh sea bream under the two different ice toping packaging
techniques, and during the ice storage, are shown in Fig. 1, 2 and 3.
The initial Pseudomonas count at the beginning of ice storage was very low. By day 15 of storage at
2 ºC, Pseudomonas count in sea bream packaged with the control ice and with antimicrobial ice
(EOs+β-CD) was similar. However, at the end of refrigerated storage time (19 days), sea bream
packaged with the control ice reached a count of 4.91 log CFU/g while sea bream stored with
antimicrobial ice reached the value of 4.15 log CFU/g (Fig. 1).

Figure 1: Changes in the counts of Pseudomonas of whole sea bream along with ice storage at 2 ºC
with different top icing conditions: with control ice (●) and with antimicrobial ice including EOs+β-CD
(▲)

During storage time, mesophilic aerobic bacteria counts of sea bream packaged with control ice
increased and exceeded the value of 7 log CFU/g considered as the maximum level for acceptability
for sea fish (ICMS, 2002) by day 19 of ice storage. However, at the end of the storage period (day
19), results showed a significant effect of antimicrobial ice on mesophilic counts (Fig. 2). It can be
observed that sea bream ice stored with antimicrobial ice has a lower final count on mesophilic
aerobic bacteria.

Figure 2: Changes in the counts of mesophilic aerobic bacteria of sea bream along with ice storage
at 2 ºC with different top icing conditions: with control ice (●) and with antimicrobial ice including
EOs+β-CD (▲).

The low initial psychrophilic bacteria counts indicate good fish quality. Psychrophilic bacteria counts
exceeded the value of 6 log CFU/g, considered as the upper acceptability limit for marine species
(Carrascosa et al., 2015), on 19 storage day at 2 ºC in both conditions. However, sea bream
packaged with antimicrobial ice presents a lower psychrophilic bacteria counts as compared with
control sea bream (Fig. 3).
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Figure 3: Changes in the counts of psychrophilic bacteria of sea bream along with ice storage at 2 ºC
with different package icing conditions: control ice (●) and ice including EOs+β-CD (▲)

The ICMSF has established a mesophilic aerobic bacteria count limit of 7 log CFU/g on fish for
human consumption. This value was reached on day 16 of ice storage in sea bream packaged with
control ice if we use a regression analysis (obtaining the shelf life equation) to obtain the shelf life.
𝐿𝑜𝑔 𝐶𝐹𝑈 = 1.7666 + 0.3207 𝑑𝑎𝑦𝑠
Based on this procedure, sea bream ice stored with antimicrobial ice will have the shelf life equation,
obtained by regression analysis, for obtaining the microbial counts as a function on storage time
𝐿𝑜𝑔 𝐶𝐹𝑈 = 1.4538 + 0.2921 𝑑𝑎𝑦
Then, the mesophilic aerobic bacteria count limit would be reached on day 18 of ice storage using
antimicrobial ice. Hence, sea bream stored with antimicrobial ice increased the shelf life in 2 days if
comparing to control ice storage.
TMA-N is used as a quality indicator for fish. In fresh fish, TMA-N value is less than 1 mg/100 g while
in spoiled fish it is above 8 mg/100 g (FAO, 1986). TMA-N values increased along storage time in
both conditions. However, at the end of storage TMA-N values in sea bream in control ice was higher
than TMA-N values of sea bream ice stored with antimicrobial ice (Table 1).
Table 1. TMA-N values of sea bream during ice storage at 2 ºC (mg TMA-N/100 g)

Control
EOs+β-CD

1
0.19±0.35
0.20±0.06

Days of storage
7
13
15
0.33±0.11 0.49±0.12 0.57±0.06
0.17±0.05 0.31±0.05 0.40±0.03

19
0.63±0.11
0.40±0.01

The initial pH of sea bream was between 6.06 and 6.10 and these values increased during ice
storage at 2 ºC (Table 2). The pH values increased throughout the storage time and no significant
differences were found across all treatment groups. The increase of pH values along ice storage
time is due to the accumulation of basic compound, such as ammonia compounds and TMA (Goulas
and Kontominas, 2007).
Table 2. pH changes of sea bream during ice storage at 2 ºC

Control
EOs+β-CD

1
6.06±0.00
6.11±0.06

Days of storage
7
13
15
6.26±0.06 6.42±0.14 6.37±0.02
6.27±0.05 6.34±0.01 6.26±0.01

19
6.41±0.14
6.39±0.11
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The WHC values ranged from 71 to 82 %, which is considered typical values for fresh fish. Control
and antimicrobial ice decrease WHC values throughout the ice storage time. However, sea bream
stored with antimicrobial ice has always higher WHC values than sea bream in control ice.
Table 3. Changes in WHC of sea bream along with ice storage at 2 ºC

Control
EOs+β-CD

Days of storage
1
7
13
15
77.47±0.35 77.42±0.80 76.08±6.66 72.19±2.42
82.17±1.93 78.76±1.22 78.29±0.71 75.12±2.46

19
71.87±4.72
75.06±5.34

Sensory panellists did not detect EOs odor during storage. At the beginning of ice storage time there
were no significant differences in sensory characteristic, although, at the end of storage time, sea
bream ice stored in control ice showed worse attributes scores than sea bream stored with
antimicrobial ice.

4. CONCLUSIONS
Fresh sea bream packaged in antimicrobial ice (including a combination of carvacrol, bergamot, and
grapefruit essential oils nanopencasulated in β-CD, and embedded in the ice crystals) showed lower
microbiological counts due to the antimicrobial effect of the EOs vapors released from the EOs+βCD inclusion complex when ice melting. In this manner, the EOs vapors act as surface
decontamination agents on the whole fish stored in ice. Pseudomonas, Mesophilic aerobic bacteria
and psychrophilic counts were reduced by more than 0.5 log CFU/g after 19 storage days. Using
antimicrobial ice extended the shelf life of fresh sea bream 2 days if comparing to fresh sea bream
stored in control ice, and considering the mesophilic aerobic bacteria count limit as shelf life criterium.
Concerning to TMA-N values, sea bream stored with antimicrobial ice showed lower values than sea
bream stored in control ice, indicating better conservation of the freshness.
When using the EOs nanoencapsulated in β-CD, and embedded in the ice crystals of the crushed
ice, in ice storage of fish the odor of the ice is pleasant and the odor of the fresh fish is fresher. This
observation is related to better conservation of the fish freshness along with storage.
In conclusion, the use of EOs+β-CD inclusion complex embedded in ice crystals could be applied to
ice storage of fish to significantly extend shelf life, with a sustainable cost and using more natural
preservatives.
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ABSTRACT
Fresh vegetables are vulnerable to microbial contamination. Washing treatments with synthetic
disinfectants are generally used in fresh vegetables. However, consumers demand natural
antimicrobial substances. Many reports have demonstrated that the application of essential oils
(EOs) in the vapor phase can decrease the dose to inactive surface microbial contamination.
Vacuum cooling has been reported as a good method of fast cooling of many types of vegetables.
Also, another characteristic of this cooling method is that vacuum level at the end of the cooling is
generally of 5-6 hPa. In these conditions, the application of vapor of EOs can be more effective than
at atmospheric pressure. This work has highlighted that treatment with vapors of EOs at the end of
the vacuum cooling reduces the surface microbial contamination in 4 Log CFU and increases the
shelf life of the produces. Moreover, sensory analysis of vegetables treated with vapors of EOs at
vacuum was better during shelf life.

1. INTRODUCTION
In the last few years, the demand of fresh vegetables and healthy products together with the changes
in costumer life style, and the advancement of retail marketing, have led to an explosively increase
of the market for fresh fruit and vegetables (F&V) (Betts, 2014; Caleb et al., 2013; Rabobank, 2011;
WHO, 2010). Nevertheless, the number of outbreaks of foodborne illnesses caused by the
consumption of contaminated minimally processed F&V has also increased (Callejon et al., 2015;
Castro-Ibañez et al., 2017). Chlorine is the disinfectant more extended in the food industry (Gil et al.,
2009). However, harmful compounds for human health and the environment are produced as a
consequence of the continuous replenishment of chlorine into wash water highly charged with
organic matter (Luo et al., 2012; Yang et al., 2012). Alternative technologies have been studied
including different physical and chemical postharvest treatments such as antimicrobial solutions in
water (peroxyacetic acid, chlorine dioxide, hydrogen peroxide, organic acids, calcium),
electrolyzed water, hot water treatment, ultraviolet radiation, ultrasounds, high pressure processing,
hydrogen peroxide, ozone, super-atmospheric oxygen (in combination with MAP) and MAP
enriched with inert gases (Ar, He, Xe) or N 2 O. However, most of them have only been studied at
laboratory scale, showing similar o less effect than chlorine on microbial populations in different fresh
cut vegetables (Ali et al., 2017; Gil et al., 2015; Issa- Zacharia et al., 2011).
Plant essential oils (EOs) and their components, generally recognized as safe (GRA S) by the
American Food and Drug Administration (FDA, USA), have shown a wide antimicrobial activity
due to their composition which includes terpenes and terpenoids, and aromatic and aliphatic
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compounds of low molecular weight. Because of this, these compounds have been investigated
as natural sanitizer alternatives for controlling spoilage bacteria and naturally occurring
pathogens associated with minimally processed vegetables (Belletti et al., 2008; Siroli et al.,
2015).
Application of essential oils in the vapor phase can get decrease the necessary dose of EOs to
inactivate microorganisms (Seo et al., 2015) avoiding sensorial alteration of the products.
Different studies have tested the direct application of vapors of essential oils on minimally
processed cut fruit and vegetables (Fhiser and Philips, 2006; Fisher et al., 200 9; Inouye, 2003;
López-Gómez et al., 2018; Tyagi and Malik, 2012). However, there has never been presented
equipment allowing the industrial application of these vapors for solid food decontamination with
evaporation periods enough short to be implemented in Vacuum cooler. Vacuum cooling, a
technique based on the principle of the evaporative cooling, is able to rapid decrease temperature
of porous products that have free water. At the end of this cooling, consequence of the vacuum level
(approx. 5-6 hPa), is it possible the industrial application of EOs vapors through a rapid vaporization
phase obtaining a homogeneous distribution of the disinfectant vapors that can be more effective
than EOs application at atmospheric pressure.
Among RTE vegetables, fresh-cut aromatic herbs (FCAHs) market has recently shown a growing
trend at world trade level because of their intense flavor, convenience and nutritional benefits.
(Curutchet et al., 2014; Santos et al., 2014). On the other hand, garlic is a food ingredient widely
used in gastronomy, which possesses many high organo-sulfur compounds content (Augusti &
Mathew, 1974) responsible of the wide biological properties of this product (Lanzotti, 2006).
Specifically, it has been reported that garlic exhibit different medical effects including prevention of
cardiovascular disease and antimicrobial, antioxidant, anticarcinogenic, antimutagenic,
antiasthmatic, immunomodulatory and prebiotic activities (Corzo-Martínez at al., 2007). As a
consequence, garlic, as much in feeding as in therapeutic, is a vegetable with a huge projection,
especially when is peeled and offered to consumers as a fresh ready-to-eat (RTE) vegetable.
However, due to the cultivate techniques and handling post-harvest (products minimally processed,
storage, distribution, sale and/or use), these products are exposed to a wide range of microbial
contamination (McKee, 1995).
In this research work, the antimicrobial effect of vapors of different combinations of EOs and/or
their components was studied “in vitro” in order to select those with the higher antibacterial
activity. Subsequently, the surface microbial decontamination caused by the vapor phase of the
selected EOs combinations was studied in garlic and FCAHs, under vacuum conditions at
industrial scale using decontamination technology as was previously described in the work of LópezGómez et al (2018).

2. MATERIALS AND METHODS
2.1.
Natural Antimicrobial Compounds and Vegetal Material
Oregano and peppermint essential oils, carvacrol and linalool were obtained from Lluch Company
(Spain). Citral was supplied by Sigma-Aldrich (Germany). The combinations of EOs studied were
obtained by mixing carvacrol:oregano (CO), carvacrol:peppermint (CP) and Linalool:oregano (LO)
80:20 % (v/v). Besides, carvacrol (C) and citral (Ci) were tested as single compounds.
Peeled garlic cloves and fresh curly and flat parsley, dill, coriander, rosemary, thyme and peppermint
were kindly provided by local suppliers. Until use, garlic and FCAHs, were stored at 2 ºC.
2.2.
In Vitro Study of the Antimicrobial Effect of EOs Vapor
To study the antimicrobial effect of EOs vapors at “in vitro” scale a vapor test was performed. To this
end, solidified agar medium (Rose Bengal agar, Scharlau Chemie, Barcelona, Spain) was inoculated
with 100 µL of buffered peptone water containing 102, 103 and 104 log CFU/mL of molds isolated
from FCAHs. Then, the antimicrobial agent (EO or specific compound) was added (300 mg/m2) to a
3.5 cm sterile blank filter and placed on the medium-free cover of the plate. The Petri plate was then
sealed using sterile adhesive tape (Deltalab, Rubi, Spain). Controls samples were performed by
introducing paper discs without EOs addition. The combinations of EOs studied were: CO, CP and
LO 80:20 % (v/v). C and Ci were tested as single compounds.
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Plates were incubated face down to ensure the absence of contact between paper discs and agar,
at 25 ºC during 5-7 days.
All plates were performed in triplicate and the microbial counts were expressed as logarithms of the
number of colony-forming units per mL (Log CFU/mL). The inhibitory effect of EOs and/or their
components were expressed as the difference of Log CFU/mL observed between control samples
and treated samples.
Target molds used in this study were isolated from fresh curly and flat parsley, dill, coriander,
rosemary, thyme and peppermint. To this end, FCAHs were submerged separately in buffered
peptone during 1 h, at refrigeration temperature and constant shaking (150 rpm). After the contact
period, 0.1 mL of the liquid was spread in triplicate in Rose Bengal plates and incubated at 25 ºC
during 5-7 days. Obtained colonies were selected following morphologic criteria and inoculated in
Potato Dextrose broth tubes which were subsequently incubated at 25 ºC during 5-7 days and finally
stored at 4 ºC until use.
2.3.
Industrial Application of EOs Vapor
Industrial application of EOs vapors for surface disinfection was performed using vacuum cooling
technology as was previously described (López-Gómez and López-Cánovas, 2018) (Fig. 1). To this
end, two local companies adapted their vacuum cooling systems and performed trials in duplicated
in which EOs vapors were applied at 8 µL/L concentration. Peeled garlic cloves and fresh FCAHs
(curly parsley, dill and peppermint) samples were exposed to CO and CP 80:20 % (v/v) vapors,
respectively.

Figure 1: Industrial installation of an EOs vaporization device in a vacuum cooling. Description:
Vacuum evaporation of EOs is performed in a vessel (20) which is heated by a jacket (28). Vacuum
application of EO vapors is performed within vacuum cooling chamber (42) (right after applying the
step of vacuum cooling) for the microbial surface decontamination of fresh plant products packaged
in crates (43) made of plastic material. 49, 50 y 54 are connection tubes and 52 is a vacuum pump. 44,
45, 47, 51 y 53 are valves. Liquid EOs are dosed with a metering pump (46) taking the essential oil
from a storage vessel (48).

To assess the effect of the antimicrobial treatment on vegetables, 25 g of sample were added to 225
mL of sterile peptone water (Scharlau Chemie, Barcelona, Spain) and homogenized with a
stomacher (Colwort Stomacher 400 Lab, Seward Medical, London, UK). From this dilution, other
decimal dilutions were prepared and plated on the appropriate media. Plate Count Agar (Scharlau
Chemie, Barcelona, Spain) was used for enumeration of mesophilic and psychrotrophic aerobic
bacteria, and plates were incubated at 30 ºC for 48 h and at 4 ºC for 7 days, respectively. Bacteria
from the Enterobacteriaceae family were counted on violet red bile glucose agar (Scharlau Chemie,
Barcelona, Spain) and incubated at 37 ºC for 24 h. Lactic acid bacteria were grown in De Man,
Rogosa and Sharpe agar and incubated at 31 ºC during 48 h in a microaerophilic atmosphere.
Finally, molds were counted in Rose Bengal agar and incubated at 25 ºC during 5-7 days. All plates
were performed in triplicate and the results were expressed as logarithms of the number of colonyforming units per gram (Log FU/g).
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3. RESULTS AND DISCUSSION
Molds are the main responsible for FCAHs spoilage. In this scenario, different studies have been
performed to assess the surface antimicrobial effect of different EOs and their combinations against
saprophyte molds isolated from fresh FCAHs.
When the target molds were exposed to 300 mg/m2 of EOs vapors at in vitro scale, different surface
antimicrobial effects were observed and results were expressed as a reduction of Log CFU/g (Table
1). It was shown that growth inhibition depends on the vegetal material treated. Specifically, CO was
the most effective condition against molds isolated from coriander, obtaining a reduction of 3 log
CFU/g. CO condition also produced the major growth decrease on curly parsley, thyme and
peppermint fungi. However, other conditions tested displays the same inhibition growth on these
vegetal products. Carvacrol (C) was the more effective compound against molds from flat parsley,
with reduction major than 4 Log CFU/g. The condition CP was shown to be the most effective against
molds from dill and rosemary. Notably, the growth of this later was inhibited similarly when was
exposed to carvacrol.
Table 1. Reduction of Log CFU/g observed in molds isolated from FCAHs after exposition in the plate
to vapor of different combinations of EOs and its components, at a concentration of 300 mg/m2

Coriander
Dill
Peppermint
Curly parsley
Flat parsley
Rosemary
Thyme

CO
3.203
2.190
2.416
2.260
2.530
1.440
2.229

Antimicrobial treatment
CP
C
LO
2.890
2.890
0
3.253
1.134
0
1.998
1.650
0.205
0.024
0.577
2.260
2.291
4.291
0
2.425
2.425
1.440
1.123
1.198
0.056

Ci
1.574
2.190
1.738
2.260
2.530
1.440
2.229

Based on the fact that the antimicrobial effect of EOs vapors depends on the vegetal material treated,
CO combination was selected as the most effective against the molds isolated from dill, peppermint
and curly parsley. However, oregano EOs cause sensorial disturbances in the product due to its
intense aroma. Because of this, it was considered inappropriate for FCAHs decontamination at
industrial scale. Conversely, CP combination did not affect sensorial attributes of the fresh aromatic
herbs studied. This fact, together with the result observed at in vitro scale, leads to the selection of
CP mix for industrial trials.
Industrial studies were performed in curly parsley, dill and peppermint treated with CP combination
at 8 µL/L dose. Surface antimicrobial effect was assessed through microbiological studies in which
bacteria from the Enterobacteriaceae family, molds and mesophilic and psychrotrophic aerobic
bacteria were measured. Results obtained are represented in Fig. 2, 3 and 4.
When curly parsley was studied it was observed that the count of bacteria from the
Enterobacteriaceae family was reduced 2 log CFU/mL after EOs treatment in comparison to the
control sample (Fig. 2).
When peppermint samples were treated with EOs vapors it was observed a slight decrease in the
surface load of bacteria from the Enterobacteriaceae family compared to the control condition.
However, no significant differences were observed in the rest of the studied microorganisms (Fig.
3). Finally, industrial treatment of fresh dill showed a slight reduction of mesophilic aerobic bacteria.
In parallel, the effect of EOs vapors applied using adapted industrial vacuum technology was also
studied in peeled garlic cloves. CO was selected as antimicrobial treatment based on in vitro studies.
The intense aroma of garlic allowed the use of oregano EO because sensorial attributes were not
affected. Counts of lactic acid bacteria, bacteria from the Enterobacteriaceae family, mesophilic
aerobic bacteria, molds and yeast were studied before and after CO treatment (8 µL/L) (Table 2).
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Figure 2. Microbial counts observed after industrial treatment of fresh curly parsley with CP vapors.
Black: samples treated with 8 µL/L of CP; Grey: control samples. ENT: bacteria from the
Enterobacteriaceae family, MAB: mesophilic aerobic bacteria, PSY: psychrotrophic aerobic
bacteria
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Figure 3. Microbial counts observed after industrial treatment of fresh peppermint with CP vapors.
Black: samples treated with 8 µL/L of CP; Grey: control samples. ENT: bacteria from the
Enterobacteriaceae family, MAB: mesophilic aerobic bacteria, PSY: psychrotrophic aerobic
bacteria

Results showed that all the microorganisms studied were affected by the antimicrobial effect of CO
vapors (Table 2). Specifically, lactic acid bacteria and mesophilic aerobic bacteria decrease after EOs
treatment more than 3.8 and 3.3 Log CFU/g, respectively. Likewise, counts of bacteria from the
Enterobacteriaceae family were reduced 2.81 Log CFU/g. Molds and yeast were the microbial
populations less affected by CO vapors (with a reduction of 0.77 Log CFU/g).
Results obtained are in accordance with those reported by Mohammad et al (2009). They observed
that the antimicrobial effect of allyl isothiocyanate, cinnamaldehyde and carvacrol applied as vapor
phase had a variable antimicrobial effect, depending on the vegetable material studied, lettuce or
spinach leaves. Besides, they observed that these compounds inactivated 4 log of E. coli O157:H7.
Lopez et al. (2007) studied the vapor-phase antimicrobial activities of cinnamon, thyme and oregano
EO against Gram-positive and negative bacteria and molds. Results showed that the oregano EO
displayed the major antimicrobial activity, especially against Gram-negative. Likewise, the
antimicrobial effect of peppermint EOs vapors have been tested against fungi (Sellamuthu et al.,
2013) and partial inhibition of the growth was observed. In the present work, carvacrol combined
with peppermint or oregano EO has shown the major antimicrobial effect against molds isolated from
FCAHs.
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Figure 4. Microbial counts observed after industrial treatment of fresh dill with CP vapors. Black:
samples treated with 8 µL/L of CP; Grey: control samples. ENT: bacteria from the
Enterobacteriaceae family, MAB: mesophilic aerobic bacteria, PSY: psychrotrophic aerobic
bacteria

Table 2. Microbial counts obtained in peeled garlic cloves before and after industrial application of
CO vapors

Microorganism
Lactic acid bacteria
Bacteria from the
Enterobacteriaceae family
Mesophilic aerobic bacteria
Molds and yeast

Before treatment
(Log CFU/g)
4.845
5.477

After treatment
(Log CFU/g)
1.000
2.662

7.278
2.079

3.886
1.301

On the other hand, vapors of linalool and citral have clearly shown that reduce the microbial load of
Gram-positive bacteria on cabbage leaf (Fisher and Phillips, 2006). Our results have shown that LO
combination was the condition with less antimicrobial effect on fungi growth. Finally, we observed
that citral and carvacrol vapors applied separately displayed an intermediate surface antimicrobial
effect.

4. CONCLUSIONS
EOs vapors applied at in vitro scale possess antimicrobial activity against mold populations isolated
from FCAHs. Growth inhibition degree depends on EOs combinations applied and FCAHs treated.
CO and CP treatments displayed the major antimicrobial activity.
CO vapors applied at vacuum cooling industrial scale reduce the surface microbial population of
peeled garlic cloves increasing the shelf life of this product without affecting sensorial attributes.
Treatment with vapors of EOs at the end of the vacuum cooling reduces the surface microbial
populations increasing fresh vegetable shelf life.
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ABSTRACT
Peach is a popular fruit worldwide with its great coloration, high sweetness, desirable flavour and
nutritional value. In order to evaluate the effects of different temperatures on postharvest quality and
chilling injury (CI) of peach, four different temperatures (0, 2, 5 and 8°C) were chosen and the quality
parameters and CI incidence were analysed simultaneously. CI was characterized mainly by the
appearance of flesh browning. The results showed that the browning index was 6.2%, 17.6%, 28.8%
respectively at 0, 2 and 5°C for 28 days. Sensory evaluation of peach stored was 6.5, 6.2, 6.8 and
6.4 respectively at 0, 2, 5 and 8°C for 28d, 14d, 7d and 7d. The peaches had the lowest decay index,
the lightest CI, the highest nutritional content and the best sensory evaluation at 0°C for 28d.
Keywords: Peach, Cold Storage, Browning, Firmness

1. INTRODUCTION
Peach (Prunus persica L.) is an economically important fruit crop in global commerce that may have
originated in China where it has been cultivated for 3000 years (Font i Forcada et al., 2013). Peaches
are sought by consumers for their good taste and high nutritional value around the world (Yu et al.,
2017). However, peach fruit normally suffer rapid softening, decay after harvest and is cold-sensitive
and vulnerable to chilling injury (CI) during cold storage, which leads to undesirable quality and
reduced commercial value (Gao et al., 2016). In recent years, many preservation methods which
included modified atmosphere, 1-MCP and Ultraviolet B irradiation had showed effective functions
of inhibiting the degradation of peach quality (Akbudak and Eris, 2004; Huan et al., 2018; Wang et
al., 2018).
Fresh peaches are perishable and cold storage remains the main method to slow the product
deterioration in terms of consumer perception and nutritional value (Tsantili et al., 2010).
Unfortunately, sub-tropical and tropical fruits such as pomegranate, banana and orange are often
susceptible to CI at these low temperatures and represent a major factor limiting their storage life
(Kashash et al., 2019; Koushesh Saba and Moradi, 2017; Liu et al., 2019; Rasouli et al., 2019).
Several technologies, such as treatment with nano-ZnO-packaging, glycine betaine, and oxalic acid,
have been reported to alleviate CI in peaches during cold storage (Jin et al., 2014; Li et al., 2017;
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Shan et al., 2016).
Temperature represents one of the most important external factors affecting plant apoptosis.
Suitable storage temperature that reduces the overall fruit metabolism and transpiration rate is
fundamental for keeping peach quality as long as possible to supply the market chain with high
quality fruit (Saquet, 2019). In order to evaluate the effects of different temperatures on postharvest
fruit quality and CI of peach, four different temperatures (0, 2, 5 and 8°C) were chosen and the quality
parameters and CI incidence were analyzed simultaneously.

2. MATERIALS AND METHODS
2.1.

Raw Materials and Treatments

Peach fruits (P. persica L. Batsch cv. ‘Okubao’) were harvested at commercial maturity from a
commercial orchard in Beijing, China, and immediately transported to the laboratory where sorted
for uniformity of size, color and lack of defects. Peaches were packed in standard foldable plastic
boxes (600×400×235 mm). After forced-air precooled to 8°C , peaches were divided into four
homogeneous groups of 120 fruits and stored at 0, 2, 5, and 8°C for 28 days. Analyses were carried
out initially and at 7 days interval for physicochemical measurements and sensory evaluation.
2.2.

Sensory Evaluation

Sensory quality of peaches in terms of changes in visual appearance, browning, color, decay were
evaluated on a 1-9 scales, where excellent, freshly=9; very good=7; good, limit of marketability=5;
fair, limit of usability=3 and poor, unusable=1, where 6 is considered the minimum for salability
(Cantwell and Thangaiah, 2012). A score of 6.0 indicated minimum commercial acceptability. The
sensory analysis was performed by a trained panel of three members.
2.3.

Browning Index

CI was characterized mainly by the appearance of flesh browning. CI index was evaluated visually
based on the internal browning of peach flesh. Peaches were cut along the fruit suture and the
browning scale (B) was divided into four degrees according to the percentage of browning area of
flesh; 0: no browning; 1: B ≤ 25%; 2: 25% < B ≤ 50%; 3: 50%< B < 75%; 4:>75%. The browning
index was calculated based on the following formula:

Browning index (%) 

2.4.

 (browning scale  the amount of this peaches at this scale）
total peach number  4

Eq. (1)

Decay, Weight Loss, and Colour

Percentage of decayed fruit was calculated from the number of fruit that shown signs of decay over
the initial number of fruit. The weight of individual peach was recorded before and after storage and
the weight loss was expressed on a wet weight basis (%). External color was measure along the
equatorial axes each fruit using CR-400 colorimeter, which provided L*, a* and b* coordinates.
2.5.

Firmness , Soluble Solids Content, Titratable Acidity and Vitamin C

Fruit firmness was determined with a penetrometer (TR-FT 327, Italy) fitted with a 5 mm diameter
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plunger. Measurements were taken at two equatorial positions on each fruit after removal of a thick
slice of skin and results expressed as Newton (N).
Soluble solids content (SSC) was determined with a digital refractometer (Atago Co.Ltd., Tokyo,
Japan), and results were expressed as %. Titratable acidity (TA) was determined by titrating 5mL
juice with 0.1mol·L-1 NaOH to pH 8.2 and was expressed as % citric acid. Vitamin C content was
determined by molybdenum blue colorimetric method (Li, 2000).
2.6.

Relative Electrolyte Leakage and Malondialdehyde (MDA) content

Electrolyte leakage was measured using the methodology according to Chen et al. (2008), with slight
modifications. MDA was measured according to the method of Shah et al. (2001) and expressed as
micromoles per gram of fresh weight.
2.7.

Polyphenol oxidase (PPO) and peroxidase (POD) enzyme activities

1g of tissue was taken from 6 different fruits and homogenized in 5mL of phosphate buffer. After
centrifugation at 12,000g for 20 min at 4°C , 2 mL supernatant was collected as enzyme extract. POD
and PPO activities were assayed following the method of Cao et al., (2013).
2.8.

Statistical Analysis

Experiments were performed in triplicate and the average values were reported in the analysis.
Analysis of variance (p<0.05) was done. Differences at P < 0.05 were considered as significant.

3. RESULTS AND DISCUSSION
3.1.

Sensory Evaluation, Decay, Weight Loss and Chilling Injury

It can be seen from Fig.1a that the longer the storage time, the lower the sensory score. Peach
stored at 0°C had the best sensory quality and the sensory score was 6.5 after 28 days. When stored
at 2°C for 14 days, the sensory score was 6.2, indicating that the peach was acceptable within two
weeks. When stored at 5 and 8°C for 14 days, the sensory score was 5.2 and 5, respectively, which
means that there is no commercial.
Fig.1b shows that the peach at 0°C did not decay within 7 days, and the peach decay rate did not
differ much at 0 and 2°C when stored 14 days. However, after 14 days storage, only peach fruits at
5 and 8°C showed the rotting higher than 5% and was widespread when stored for 28 days and the
decay rate reached 15.3%, 28.3% respectively.
Fig.1c shows that the weight loss rate of peach is less than 3% in two weeks at four temperatures.
Compared to the other three temperatures, the weight loss rate of peach at 5°C is always high. By
28 days, overall weight losses were 6.4%, 7.6%, 8.4% and 8.8% at 0, 2, 5 and 8°C, respectively.
As illustrated by Fig.1d, the degrees of browning were statistically different at different temperature
and increased substantially as storage progressed (P<0.05). Peaches hold at 0 and 2 °C did not
develop CI within 14 days, but those exposed to 5°C began exhibiting CI and the index increased
thereafter. The browning index of peach stored 28 days were 6.2%, 17.65%, 28.78%, 0.5%,
respectively at 0, 2, 5, and 8°C. Although the peach stored at 8°C did not show CI during the whole
storage period, the fruit quickly matured and softened. In summary, peaches should be stored for
less than 14 days at 5°C compared to 21 days at 0°C to avoid development of CI.
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Figure 1: Sensory evaluation (a), decay (b), weight loss (c) and chilling injury (d) of peach during
cold storage at different temperatures

3.2.

Colour

Fig.2 shows that with respect to color, lightness (L* value), redness (h° value) and intensity of color
(C* value), fruit stored at 0 and 2ºC were greater than that of fruit stored at 5 or 8ºC . After stored for
28 days, the L* values of peaches refrigerated at 0, 2, 5, and 8°C were 47.6, 43.7, 40.2, 42.0 (fig.
2a), and the h° values were 33.1, 30.9, 28.5, 29.8 (fig.2b), and C* values are 34.9, 34.8, 30.3, 31.1
(fig.2c), respectively. L* and h° values decreased more rapidly at 5°C or 8°C than at 0°C as the fruit
turned darker red, which is undesirable to consumers. After 28 days storage, fruit stored at 5°C
showed the typical browning associated with internal breakdown. This alteration was reflected by h°
lower than those from fruit stored at 0°C .
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Figure 2: Lightness (L*), hue angle (h°) and chroma (C*) values of peach during cold storage at
different temperatures

3.3.

Relative Electrolyte Leakage and MDA Content

As shown in Fig.4, the relative electrical leakage of peaches refrigerated at 0, 2, 5, and 8°C were
41.3%, 73.3%, 89.3%, and 88.8%, respectively, and the MDA contents were 0.0019, 0.0027, 0.0037,
0.003 μmol·g-1, respectively, after storage for 28 days. Therefore, peach at 0°C can limit the rise in
electrolyte leakage and MDA content effectively, suggesting better membrane integrity. The damage
to the cell membrane maybe initiate ethylene production, increased respiration, and disruption of
cellular and subcellular structures.

Figure 3: Relative electrolyte leakage (a) and MDA content (b) of peach during cold storage at
different temperatures

3.4.

Firmness, SSC, TA and Vitamin C

The firmness loss was significantly different among temperatures in Table.1. The hardness of peach
fruit refrigerated at 0, 2, 5, and 8°C decreased sharply during the whole storage period, the retention
rate of that was 85%, 43.4%, 15.2%, 16.5% respectively after storage for 28 days. The hardness of
peach fruit at 0°C has been maintained at a high level compared with other temperatures.
The nutrient content of peach fruit was obviously maintained at 0°C. After storage for 28 days, the
contents of SSC, TA and Vitamin C of the peach stored at 0, 5 and 8°C retained at 113.8%, 47.1%,
37.5%, 91.5%, 44.2%, 33.3% and 92.9%, 38.8%, 27.9%, respectively. The content of SSC of the
peach increased at 0°C. The peach were soften and decayed at 8°C.
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Table 1. Changes in firmness, SSC, TA and Vitamin C of peach during cold storage at different
temperatures

Quality parameters

Temperature
(°C)

0d

14d

21d

28d

40.36±1.96

38.03±3.50

33.20±3.08

28.17±3.30

21.87±4.04

17.00±5.93

17.22±3.77

14.63±3.54

10.43±4.01

8

14.28±1.92

13.52±4.32

6.43±0.64

0

10.60±0.15

10.23±0.27

10.07±0.28

10.30±0.18

9.23±0.03

9.03±0.17

10.13±0.03

8.97±0.15

8.60±0.26

9.47±0.27

9.00±0.12

8.73±0.47

0
2

Firmness
(N)

5

Total soluble solids
(%)

2
5

39.08±1.53

9.40±0.30

8
0
Titratable acidity
(%)

Vitamin C
(mg·g-1)

0.259±0.012 0.177±0.012

0.147±0.008

0.252±0.011 0.145±0.002

0.135±0.005

0.178±0.005 0.146±0.013

0.138±0.005

8

0.145±0.011 0.141±0.009

0.121±0.009

0

0.451±0.003 0.347±0.003

0.211±0.016

0.434±0.005 0.299±0.004

0.132±0.021

0.402±0.005 0.269±0.001

0.188±0.003

0.404±0.002 0.278±0.002

0.157±0.006

2
5

2
5
8

3.5.

0.312±0.005

0.563±0.003

POD and PPO Activities

As illustrated by Fig.5, POD and PPO activities increased gradually during storage. 0°C significantly
(p < 0.05) inhibited the activities of both enzymes during the whole storage. The activities of PPO
and POD of peach stored at 0°C were 66.3% and 20.4% lower than those showed by fruit held at
5°C on the 28th day, respectively. The activity of PPO of peach at 5°C was significantly higher than
other temperatures (p < 0.01), and the browning index of peach fruit was positively correlated with
PPO activity. PPO and POD activities were 8.7 and 0.3 μg-1·min-1, respectively. Since both PPO and
POD are associated with decay development in peaches, it is possible that 0°C might have inhibited
and delayed decay of flesh tissue through the inhibition of PPO and POD activities.

Figure 4: POD (a) and PPO (b) activities of peach during cold storage at different temperatures

4. CONCLUSIONS
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The peach stored at 0°C has best sensory quality, bright color, crisp texture, good flavor and slight
browning of flesh, even PPO and POD activities are significantly reduced, and the relative electrolyte
leakage and MDA content are reduced. The results showed that ‘Okubao’ peach is prone to CI when
stored at 5°C. There is almost no CI at 8°C, but the fruit seriously rotted. In comparison, the
symptoms of CI at 0 and 2°C are lighter. Our results may provide a reference for chilling treatment
to extend shelf life of peach fruit. We can conclude that the peach should be controlled at 8°C in cold
chain within one week, and it has energy saving effect compared other temperatures. The nutritional
content and sensory evaluation of peach stored at 0°C are the highest and best. It's best to choose
cold chain method at 0°C for long-distance transportation or export.
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ABSTRACT
There is a growing need for advanced solutions of freezer control based on multi-criteria decisions
(energy and quality). One of the challenges is to propose a reliable non-intrusive method to measure
temperature and ice distribution of food at the freezer exit. In this paper is proposed an innovative
approach permitting to evaluate the ice distribution from superficial temperature measurements. It
involves submitting the frozen food, immediately at the freezer exit, to a sudden pulse of heat flux
and to record its superficial thermal response. From this response, the temperature distribution-and
consequently its corresponding ice distribution- of the frozen food at the exit can be estimated thanks
a minimization procedure. Beyond controlling final product quality, such an approach could provide
in the near future valuable information on freezer operation. The relevancy of this approach requires
a preliminary model-based numerical assessment which is the subject of this work.
Keywords: Refrigeration, Quick-Freezing, Freezing Equipment, Process Control, Energy Efficiency.

1. INTRODUCTION
According to IIF-IIR (2015), frozen food products are highly demanded and the annual consumption
is constantly increasing. However, according to this same organization, refrigeration sector
consumes about 17% of the overall electricity used worldwide and forecasts shows that the
refrigeration sector will grow in coming decades. Indeed, the lack of a cold chain is responsible of
up to almost 20% of the global food losses. However, the benefit of refrigeration for the reduction of
food losses must be assessed in relation to its impact on the environment, especially CO2 emissions.
For freezing, which consists in lowering the temperature of a food product below its initial freezing
point, it is important to have an efficient refrigeration plant. However, it is equally important to design
the freezing equipment properly in order to limit the fan energy consumption. Kristófersson et al.
(2018) showed that substantial energy savings could be obtained, up to 68 %, by optimizing the
airflow through a freezing tunnel.
Beyond the interest of freezing to limit food losses, energy consumption and quality are the
keystones of the competitiveness of the refrigeration sector. Concerning quality after a freezing/
defrosting cycle, it has been shown that freezing rate is a parameter of utmost importance, and
depends of the freezing system technology and food’s characteristics as size/geometry, structure
and composition (Sun, 2011). In summary, a high freezing rate permits first to limit physical,
biochemical and microbiological changes. More, it prevents from undesirable too large and
potentially disruptive ice crystals, which damage cells and consequently induce excessive drip losses
during thawing. For this reason, quick-freezing or deep-freezing concept was proposed in the 70s,
in opposition to a conventionally freezing process for which no specific freezing rate is expected and
where a loosely bound storage temperature of -12°C is preconized. In the absence of international
standard definition, most of regional directives and national regulations refer to the Codex
Alimentarius standards, which recommend practices for the processing and handling of quick frozen
foods (CRC/RCP 8) which are also included in the European “Directive” regulation 89/108/EEC. In
these definitions of quick-freezing, a concept ‘‘as quickly as possible’’ is open to greater interpretation
and the target temperature -18°C have no physical significance.
To avoid any troubles with sanitary authorities, industrials tend to over-freeze with the energy
consequent effects. As a consequence, the parameters of the freezers (speed of belt conveyer,
speed of fan, air temperature) are chosen with safety factors and in the best scenario adapted by
human intervention to the characteristics of the products.
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Based on the IIR definition of a frozen product given by (Borgh-Sorensen, 2006), which mentions
that a product is considered as a frozen one either if its temperature is -10°C or colder or if a high
proportion (usually more than 80% of the water content) of its freezable water is converted into ice,
Le Bail et al. (2008) proposed a relevant but time-consuming (about 12 minutes) procedure to
evaluate this criterion. More recently, Pandey et al. (2018), showed the capability of a millimeter
wave sensor for monitoring food frozenness.
In this paper, we propose a new approach permitting to evaluate the temperature and ice distribution
in a frozen product, in a sufficiently short time making possible to envisage a real-time control of the
freezers. This methodology is presented hereafter then carried out and proven in simulation.

2. DESIGN OF THE FREEZER CONTROL METHODOLOGY
2.1.

Schematic, description and principle

This paper proposes a thermal methodology to estimate the ice content distribution of the frozen
product at the exit of the freezer, represented in Figure 1 (a). The characterisation method, illustrated
on Figure 1 (b), is based on the analysis of the thermal response following a thermal excitation (φrad
in W/m2) applied at the top surface of the product during a period (tflash in seconds).

Figure 1: Sketches of a freezing tunnel (a) and based-thermal flash characterisation method (b)

The methodology can be summarized as follows: the pulse of heat flux applied at the top surface of
the frozen product induces a thermal response of the product, which is registered at the top and
bottom surfaces. A heat transfer model permitting to describe the temperature evolution inside the
product is used and the simulated top and bottom temperatures evolutions are extracted. A nonlinear
least squares approach is then used to estimate the optimal initial temperature distribution (which is
the temperature of the product at the exit of the freezer) permitting to minimize the RSS (residual
sum of squares) between simulated and measured superficial temperatures.
2.2.

Heat transfer model and product properties

As mentioned in the previous section, the methodology requires the development of a heat transfer
model. In this study, we will consider a 1D model meaning that heat exchange only occurs in the
direction of product’s depth:
∂
θ(z, t)
∂t

∂2

= α ∂z2 θ(z, t)

Eq. (1)

λ

With the thermal diffusivity coefficient α = ρ∙c (in m2.s-1)
p

There are two variables, z and t, which are two independent variables. Such parabolic equation is
usually solved after reduction to lumped parameters system, using finite elements, finite differences,
and orthogonal collocation. These methods consists in considering the temperature evolution in a
finite number of spatial points usually called nodes.
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Figure 2: Food model description with boundary conditions

During the flash procedure at the exit of the freezer, the following boundary and initial conditions are
considered, radiative heat source (φrad) at the top surface.
−λ

∂θ
|
∂z z=0

−λ

Eq. (2)

= hTop (θz=0 − θair ) − φrad

∂θ
|
∂z z=L

Eq. (3)

= hBottom (θair − θz=L )

Eq. (4)

θt=0,z = θexit (z)

Where hTop and hBottom are the convective heat exchange coefficients (W.m-2K-1), φrad the radiative
coefficient induced by the flash, and θexit (z) the temperature distribution inside the food at the
freezer’s exit.
The quantity of ice (xice ) is assumed to be dependent on the temperature and on the free water
content. This variable is estimated by using a simplified semi-empirical (equation 5) proposed by
Rouaud and Pham (2012). This function is applicable on all the temperature range of freezability,
from the initial freezing point (θIFP ) to the final freezing point (θFFP).
xice (θ) = (xWC − xUFW ) (1 −

θIFP
θ

θIFP −θFFP n
) )
θ−θFFP

Eq. (5)

∙(

Knowing the ice content, it is possible to determine the remaining liquid phase:
Eq. (6)

xW (θ) = xWC − xUFW − xice (θ)
Derivatives of ice and liquid free water equations with respect to θ are as following:
dxice
dθ

=−

dxw
dθ

−θIFP
n∙θ∙(θ−θFFP )n−1 −(θ−θFFP )n
n ∙
)
−θ
θ2
IFP
FFP

Eq. (7)

= (xWC − xUFW ) ∙ (θ

In this work, the food product studied is mashed potatoes because of its easy production for further
experiments. It requires knowledge of mass fractions and properties of each constituent according
to temperature dependent equations. All the equations, used in the model, are given by the Ashrae
Handbook (2014). Composition and freezing properties of mashed potatoes are reported in Table 1.
Notice that without value from literature or experimental data, we arbitrarily considered that all the
freezable water is frozen at -25 °C.
Water
content
xWC
78.96 %

Table 1: Composition and freezing properties of mashed potatoes (Ashrae, 2014)

Unfreezable
water
xUFW
0.4 𝑥𝑝

Initial freezing point

θIFP

Fat

Proteins

xf
0.1 %

xp
2.07 %
-0.6 °C

Carbohydrate
s and fibers
xc
17.98 %

Final freezing point

Simple
sugars
xss
0%

xa
0.89 %

θFFP

-25°C
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The density of food (𝜌 in kg.m-3) and the thermal conductivity (𝜆 in W.m-1.K-1) are calculated by using
the two following equations:
ρ(θ) =

1
x (θ)
∑i( i (θ))
ρi

λ(θ) = ρ(θ) ∙ ∑i (

Eq. (8)

xi (θ)∙λi (θ)
)
ρi (θ)

Eq. (9)

The specific heat of a food (𝑐𝑝 in J.kg-1.K-1), at temperatures above its initial freezing point (θ > 𝜃𝐼𝐹𝑃 ),
is obtained from the mass average of the specific heats of the food components. The specific heat
of an unfrozen food determined by the following expression does not included an excess specific
heat term to compensate for specific heat of bound or unfrozen water and the interaction of the
components.
x (θ)

Eq. (10)

cp (θ) = ∑i (ρi (θ))
i

Below the initial freezing point(θ ≤ 𝜃𝐼𝐹𝑃 ), the specific heat of a frozen food is determined as follows:
x (θ)

cp (θ) = ∑i (ρi (θ)) − Lls ∙
i

dxice
dθ

Eq. (11)

With the specific latent heat of fusion of ice (𝐿𝑙𝑠 ) equal to 334 kJ.kg-1.
2.3.

Description of flash methodology

As mentioned previously, the objective is to evaluate the ice content distribution inside the food at
the exit of the freezer. By applying a sudden exciting pulse of heat flux immediately at the exit of the
freezer, a thermal response with sufficient variations can be obtained at the top surface of food. It
may even have effect on the bottom surface temperature thanks to the thermal diffusivity provided
that the thickness is sufficiently small. It can be assumed that different initial temperature distributions
produce different superficial temperatures evolution to allow distinguishing these initial conditions.
One important mathematical condition must be verified to warrant that initial conditions can be
distinguished and estimated with the only measurement of superficial temperatures: the
observability. Using finite difference scheme for heat equation as presented above usually leads to
a tri-diagonal system (Martín-Vaquero and Sajavicius, 2019), that is, in the case of our flash system
dθ(zk )
dt

= f(θ(zk−1 , ), θ(zk ), θ(zk+1 )) ∨ kϵ[2, p − 1]

Eq. (12)

and for the boundary temperatures,
dθ(z1 )
dt
dθ(zp )
dt

= f(θ(z1 ), θ(z2 )) + g(htop , θair , φrad )

Eq. (13)

= f (θ(zp−1 ), θ(zp )) + g(hbottom , θair )

Eq. (14)

Functions f and g are nonlinear when the thermal and physical properties are temperature
dependent. zk (kϵ[1, p]) represents the kth node with z1 = 0 and zp = L.
If one of the boundary temperatures is measured, such a system belongs to the class of singleoutput control affine systems. Consequently, if the top temperature is measured, uniform
observability is verified if the system is upper-triangular with strict bonds [a, b, c] (Gauthier and
Kupka, 1994; Gauthier and Bornard, 1981; Akkari at al., 2006). It means that the upper diagonal
does not contain any null element. On the contrary; if the bottom temperature is measured, uniform
observability is verified if the system is lower-triangular with strict bonds. A tri-diagonal system
verifies both conditions, and the observability is thus guaranteed whatever is the chosen surface
measurement. It means that from a theoretical point of view, the initial conditions could be estimated
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either from top or bottom temperatures. In practice, the uncertainty of the estimation values is directly
linked to the thickness of the product and to its thermal diffusivity. To limit this uncertainty, combining
both measurements brings more guarantee.
In this approach, we choose to represent the initial temperature distribution using polynomial:
Eq. (15)

θexit (t = 0, z) = ∑ni=0 αi z i

Let us denote θtop (t) and θbottom (t) the evolution of the superficial temperatures during the flash
procedure. These temperatures are measured at sampling times ti. Let us now denote 𝜃̂𝑡𝑜𝑝 (𝑡) and
𝜃̂𝑏𝑜𝑡𝑡𝑜𝑚 (𝑡) the same temperatures issued from the model. The methodology consists in estimating
the required n+1 polynomial coefficients αi which minimize the following cost function:
2

2

N−1 ̂
̂
(αi )optimal = argmin ∑N−1
i=0 (θtop (t i ) − θtop (t i )) + ∑i=0 (θbottom (t i ) − θbottom (t i )) Eq. (16)

Where the simulated temperatures are obtained with the following initial conditions:
θ̂exit (zk , t 0 ) = ∑ni=0 αi zki

Eq. (17)

(αi )optimal can be obtained using nonlinear least square routine implemented in Matlab©.
Because θexit (t = 0, z = 0) are θexit (t = 0, z = L) correspond to the measurements of superficial
temperatures during the flash procedure at initial time, two roots of the polynomial can be fixed, and
the set of parameters to evaluate is reduced to α2 , … , αn . Indeed:
α0 = θtop (t = 0)

Eq. (18)

α1 = θbottom (t = 0)−θtop (t = 0) − ∑ni=2 αi Li

Eq. (19)

3. ASSESSMENT OF THE FREEZER CONTROL APPROACH IN SIMULATION
In order to evaluate the relevance of such a methodology, both experimental freezing and flash
stages have been replaced by simulators, which permit easily to evaluate different cases:
3.1.

Freezing stage

The objective is to obtain different exit temperature distributions. For this, a heat transfer model as
described in section 2.2 was used but by considering the temperature in the freezer as 𝜃𝑎𝑖𝑟 , an
homogeneous initial condition and a top boundary condition with φrad = 0. The chosen parameters
are common for spiral or tunnel industrial freezers. Indeed, a slab initially at 20 °C, is put on a mesh
conveyor and goes inside the freezer at -30 °C. The heat transfer coefficients at the top and the
bottom of food product are assumed to be equal to 35 and 25 W.m-2.K-1 respectively. To produce
simulations as accurate as possible, a large number of spatial nodes (301) was considered on the
thickness of product.
Given the energy savings potential claimed in previous sections, three different freezer outlet
conditions are studied here: (i) the product temperature has reached -18°C at the thermal center, (ii)
the product temperature has reached -10°C at the thermal center and (iii) 80% of the water content
has been converted into ice.
Figure 3 (left) represents time-temperature curves from simulations at different location of the
product in depth. It points out that large fan energy savings are possible with case 2 (-10 °C) and
case 3 (80 %) strategies because food products last 8.5 % and 26.5 % less time than with reference
case 1 (-18 °C) respectively. The lower the outlet target temperature, the higher the standard
deviation of temperature profiles
Figure 3 (right) represents simulated time-ice rate curves and gives quite the same information as
temperature’s figure.
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Figure 3: Temperature (left) and ice rate (right) curves during freezing process.

Figure 4 represents the distribution of temperature (solid) and ice (dashed) in the thickness of the
product when the product leaves the freezer. In both cases 1 and 2, ice content gradient is very weak
and mean value is higher than 95%. On the other hand, case 3 is completely different because inner
temperature-distribution is more heterogeneous: surface temperatures are -5.8 °C at the top and 4.3 °C at the bottom whereas the hot spot is at -1.6 °C (17 mm depth). In this temperature range,
the corresponding ice-distribution gradient is very large too: ice content is about 90-93 % at both
ends of the product against 65 % at the thermal center.

Figure 4: Temperature (𝜽𝒆𝒙𝒊𝒕 ) and ice
distribution in the thickness of the product

Figure 5: Impact of heat transfer coefficients
on temperature (𝛉𝐞𝐱𝐢𝐭 ) and ice distribution

By studying Figure 4, we could imagine to control the state of products at the freezer exit by a simple
measurement of the top surface temperature (depth position = 0 cm), which seems to be discriminant
enough. However, Figure 5 proves that each freezing process, conducted with its own parameters
like conveyor speed, fan speed and air temperature, exhibits a unique temperature distribution inside
the product. To illustrate that, let us start from a practical industrial case, which correspond to frost
formation at the freezer heat exchangers surface. In such this regular situation, the overall thermal
efficiency of refrigeration heat exchangers decreases as well as the airflow. In order to maintain the
top surface temperature while overcoming the reduction of convective transfer coefficients, the
product’s residence time in the equipment has to be extend. Such a situation has been simulated
(case 4) with some results drawn on Fig. 6. The corresponding freezing parameters are those already
used previously and reported in Table 2 with the exception of heat transfer coefficients which are
reduced by 20 %, i.e.: 28 W. m−2 . K −1 and 20 W. m−2 . K −1 . We notice that the thermal center
temperature is lower than in case 3. Consequently, the mean ice content is higher with a value equal
to 86% against the initial target of 80 % (case 3). We also note that the ice content curve is more flat
meaning that the inner-gradient is less important.
This case perfectly demonstrates the need for a special characterization method such as the one
proposed in this study.
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3.2.

Flash test

A second simulator similar to the previous one was used, with 301 nodes too, by considering the
initial conditions θ̂exit (t = 0, z) recovered from the exit of the freezer in cases 3 and 4
aforementioned. For the top boundary condition, different combinations of heat flux and time pairs
have been investigated: φrad = 500 or 1000 W. m−2 tflash = 5, 10 or 20 seconds. Each time, the
thermal response was registered during 2 minutes by considering hTop = hBottom = 5 W.m-2.K-1,
θair = 5°C.
Figure 7 reports both top and bottom temperature histories resulting from a flash stage for case 3
only. It shows that thermal pulses have no effect on the bottom surface temperature. Indeed,
whatever the intensity and duration of the thermal excitation, all the bottom temperature curves are
superimposed. This temperature increases due to heat exchange by convection with surrounding
air. On the other hand, the top surface temperature evolution depends on flash parameters. Those
studied are satisfactory because they give sufficient amplitude of variation in temperature to be
measurable on an industrial production line. In the article, we haven’t sought to optimize these two
parameters.

Figure 7: Top and bottom temperature history
during and following a thermal flash in case 3

3.3.

Figure 8: Polynomial and pseudo-experimental
temperature distributions (cases 3-4)

Reconstruction of inner temperature field at the freezer outlet

The initial condition θ̂exit (t = 0, z) is the function which needs to be estimated, because representing
the unknown temperature distribution at the exit of the freezer. However, because top and bottom
superficial temperatures are measured during the flash procedure, θexit (t = 0, z = 0) and
θexit (t = 0, z = L) are known.
For the least squares procedure, this one was carried out with polynomials from order 2, that is with
only one coefficient to estimate. The procedure was repeated by increasing the degree of polynomial
while the AIC criterion (Akaike 1974) decreased significantly. Here results are satisfactory from a 4th
degree polynomial.
Figure 8 depicts real inner temperature distribution in depth (θexit ) with the one deduced from a 5th
degree polynomial (θ̂exit ). Here, the real temperatures are actually pseudo-experimental
temperatures since they result from the freezing stage model applied to cases 3 and 4 explained
before. The figure shows a good agreement between θ̂exit and θexit . The higher the inner
temperature gradient the lower the prediction. Indeed accuracy is better with case 3 than with case
4. However, the maximum deviation is always lower than 0.5 K. Once temperatures converted into
ice contents by using equation 5, it is possible to predict the mean ice content to within 1 % (case 3:
x̂ice = 80.7 % against xice = 80 % and case 4: x̂ice = 86.2 % against xice = 86 %).

4. CONCLUSIONS AND PERSPECTIVES
A thermal methodology has been investigated to estimate the ice content distribution in a frozen
product at the exit of the freezer. It is based on the comparison of modeled and experimental
superficial temperatures following a thermal excitation. Simulations show that it is possible to rebuilt
the inner temperature field and then to deduce the ice content distribution. This tool could lead to
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important energy savings in freezing process. Indeed, the product could leave the tunnel at a higher
temperature than usual and finish its freezing in the storage chamber, which is less energy intensive.
However, such strategy can induce high ice content gradients within the product at the tunnel exit. It
means that thereafter, during the finishing freezing process in a storage room, the mobile unfrozen
water could promote the formation of larger disruptive ice crystals. Therefore, energy savings must
be evaluated regarding a product’s quality assessment.
It remains now to validate the solution with a first prototype in order to replace the pseudoexperimental temperature by real ones. This step will be also essential to determinate bias due to
metrology and thermophysical property models. Once all these steps satisfied, we can develop a
reliable and cost effective flash device for the industry.
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ABSTRACT
The study is devoted to the investigation of heat transfer phenomena of Atlantic salmon in
refrigerated sea water with the aim to clarify strategies of large scale industrial chilling of big-size
fishes. Experiments were conducted using polyurethane copies of real fishes (3.5 and 6.0 kg),
which were equipped with temperature sensors at different points. Convective heat transfer
coefficient was determined with a numerical model. Tests were verified using real slaughtered
salmon. A simplified solution for transient problem was suggested. Convective heat transfer
coefficient varied between 16.0 and 300 W m-2 K-1 with respect to chilling mode. High values of
convective heat transfer coefficient (over 200 W m-2 K-1) requires high flow of cooling agent even
for laboratory scale chilling tank. Experiments at industrial slaughter house revealed convective
heat transfer coefficient in the range between 112.0 and 139.0 W m-2 K-1. Simulation showed that
the target temperature of 2.0 °C in the fish centre is difficult to achieve, when strict time limits are
applied at factory, especially for fishes over 5.0 kg weight.
Keywords: Atlantic Salmon, RSW, Chilling, Heat Transfer, Modelling.

1. INTRODUCTION
The rapid and effective chilling process is the most important step during the production. The
temperature of fish should be lowered down to the range between 0.0 and -2.0 °C at a high rate
after slaughtering. (FAO/WHO, 2003). Slow and insufficient chilling of fish results in a significant
decrease of quality: gaping, decreasing of shelf-life, decreasing of fillet yield, increasing of
extracellular ice in frozen fish etc. (Einen et al., 2002; Flesland and Magnussen, 1990).
Three different methods of chilling are used in industry for quality preservation after slaughtering:
chilling in refrigerated sea water (RSW), chilling in ice, chilling in binary mixtures (ice-water, iceRSW, slurry ice etc.) (Erikson et al., 2011; Skjervold et al., 2002). The chilling process of salmon
takes in practice significant amount of time. Large scale industrial chilling of salmon requires the
estimation of chilling time for salmon of different sizes (Widell et al., 2018).
The determination of convective heat transfer coefficient during chilling of salmon for industrial
cases is complicated. Most of models can give approximate values as soon as flow of RSW is far
from ideal for large systems, also, most of the equations are developed for high Reynolds numbers
(Kreith et al., 2011), that is not achievable for chilling tanks of a big volume (100 m3). Reported
data concerning convective heat transfer coefficient for immersion chilling relates to small fishes
like sprat or trout and lays in the range between 200.0 and 300.0 W m-2 K-1 (Fikiin, 1992). The
convective heat transfer coefficient was determined by the heat balance method. Flesland and
Magnussen (1990) determined the convective heat transfer coefficient for salmon chilled in RSW in
the range between 150.0 and 200.0 W m-2∙K-1. Resent investigations of Bantle and all (Bantle et
al., 2015) revealed the heat transfer coefficient in the range between 50.0 and 100.0 W m-2·K-1,
when chilling salmon in laboratory tanks. The infinite cylinder model was used in all the
investigations. The high internal thermal resistance of Atlantic salmon will created such a high
deviation in results, when using such an approach.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3034

This paper investigates the chilling kinetics of Atlantic salmon with respect to the real geometry,
weight and convective heat transfer coefficient in a chilling tank. The created model for salmon
chilling is based on the results of laboratory and industrial tests

2.
2.1.

MATERIALS AND METHODS

Description of Experiment

Experiments included the following measures:
• Polyurethane model of Atlantic salmon (PU-fish) chilled in RSW laboratory tanks (1m3
each), when fish position and brine flow were varied;
• PU-fish chilling in a box with cooling agent;
• PU-fish chilling in industrial tanks, constant flow and unknown fish position in tanks.
• Atlantic salmon chilling in RSW laboratory tanks (verification of numerical model and
analytical solution);
• Atlantic salmon chilling in industrial tanks.
Atlantic salmon was replaced by PU-fish in most of the experiments due to high rate of spoilage
and variation in geometry, which will decrease the accuracy of measurements especially when the
temperature difference between fish and cooling media was low. At the same time, the thermal
diffusivity, which is the key parameter for transient thermal processes, of PU-fish was 1.16*10-7 m2 -1
s while Atlantic salmon showed it in the range between 1.3-1.4*10-7 m-2 s-1.
The measurements were used for the determination of convective heat transfer coefficient with
respect to chilling mode and for the verification of numerical model for fish chilling.
2.2.

Fish Chilling in RSW Laboratory Tanks

A laboratory chilling system consisted of two tanks, dimensions: 1.0x1.4x0.8 m and CO2
refrigeration system, Fig. 1. Brine came from the refrigeration system to the first tank (Tank1) at the
bottom via pipe (diameter 0.15 m). The level of RSW in the first tank was always 0.7±0.02 m, the
direction of RSW flow was chaotic and unpredictable. The brine flowed free to another tank (Tank
2) through the upper part of the back wall of Tank 1; Tank 2 was 0.10 m lower. Brine level in the
second tank was in the range between 0.20 and 0.25 m with respect to the flow of RSW. The
direction of RSW flow from one wall to another was observed for this tank as soon as the brine was
drained at the opposite side of Tank 2. Brine concentration was at 3.1 (0.1) % of NaCl. Brine
circulation was organized in such a way that the water flow was set up at 9.0, 18.0 and 36.0 m3 h-1,
accuracy ±0.01 m3 h-1. Inlet and outlet brine temperature was measured, accuracy ±0.3 °C. The
RSW flow was equivalent to RSW exchange rate that occurs in spiral tank chambers during
industrial chilling of salmon.

Figure1: Position of PU-fish in laboratory RSW chilling tanks

PU-fishes were equilibrated in the climate chamber KMF 115 (Binder, Germany) at 20.0 ±1 °C for
15±0.2 hours. A PU fish was connected to a frame that was immersed into laboratory RSW tank for
chilling. The experiments are introduced in Table 1.
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Tank
1

Volume of
brine, m3
1.0

2

0.25

Free falling flow of
brine

-

2.3.

Table 1. Experiment design

Fish position

Flow, m3 h-1

Bottom, middle, under
surface
Backbone, guts, nose and tail
to flow direction
Between tank 1 and 2
Backbone to flow

0.0; 9.0; 18.0; 24.6
9.0; 18.0; 36.0
9.0, 18.0

Fish Chilling in Box with Cooling Agent

Two types of cooling media was used:
Flake ice (particle size of 1.0 cm): PU-fish was placed with ice into an insulated box with the ratio
of fish to ice 3:1;
Mixture of flake ice and water 1:1 by weight: PU-fish examination in an insulated box with the
mixture of fish to ice 3:1.
2.4.

Fish Chilling in Industrial Tank

The chilling tank consisted of a semi-cylindrical vessel with a perforated screw, Fig. 2. The vessel
was filled 60% (approx.); thus, the screw created isolated chambers along the vessel. Fish feeding
was made by belt conveyor, equipped by tank filling degree control unit that allowed feeding any
chamber of the tank by moving the controlling device or having stationary position in the case of
crew rotation. At the same time, unloading occurred through the end of the chilling tank (unloading
port) by screw rotation. RSW flow organized along the tank from unloading port (end) to the
beginning through the openings on the screw and between the screw and the tank wall.
Experiments were conducted for two different sizes of tanks. All the tanks had a volume of 100 m3
(diameter 4.2-4.5 m, length 11.0-12.0 m). The volume of chambers was 6.6 and 7.0 m3
respectively.
PU-fish was placed in different chambers of the spiral tank. The following parameters were
registered during chilling test: time of chilling, temperature of fish vs. time, RSW temperature inlet
and outlet, fish density in chilling chambers.

Figure 2: Simple sketch of spiral tank for industrial chilling of Atlantic salmon

2.5.

Determination of Thermal Properties

Thermal properties of polyurethane and fish tissues were measured by two different techniques:
DSC (TA instruments, USA) and Transient Plane Source (ISO 22007-2:2015). DSC technique was
used to measure precise heat capacity of the samples. Analysis was done on DSC Q 2000 (TA
instruments, USA) equipped with liquid nitrogen cooler. The heat capacity for different types of fish
tissues were in a good agreement with calculation methods based on chemical composition of
material, which are introduced in ASHRAE (2014). The thermal conductivity for salmon was
measured in the range between 0.37(0.01) and 0.50 (0.01) W m-2 K-1. Rahman (Rahman, 2009)
reported values of 0.47 W m-2 K-1 for pink salmon of 72.5 % water content. Thermal conductivity of
polyurethane was 2 times less, when compared to the thermal conductivity of fish muscles. This
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will reduce the sensitivity of PU-fish models, when measuring the convective heat transfer
coefficient, to 300-350 W m-2 K-1, due to high internal thermal resistance.

Type

Table 1. Thermal properties of Atlantic salmon and PU-fish

Polyurethane
Fish muscle, 66.0 (0.2)%
Fatty tissues,56.96 (0.2)%
Fish skin, 34.9 (1.0) %
2.6.

Heat
capacity,
J·kg-1·K-1
1692
3400.0 (20.0)
3199.0 (35.0)
2906 (50.0)

Thermal conductivity
(at 20.6 °C), W·m-1∙K-1

Density, (at 20.6 °C),
kg·m-3

0.24 (0.005)
0.50 (0.007)
0.38 (0.01)
0.37 (0.01)

1222.0 (1.0)
1050.0 (5.0)
1020.0 (5.0)
1050 (5.0)

Polyurethane fish and Atlantic salmon: temperature measurements

Polyurethane fish (PU-fish) (GM 951-1 A/B (Ebalta, Germany)) replicated the shape of real
salmons of 3.0 kg and 5.0 kg weight. Total weight of the models was 3.5 kg, and 6.0 kg. The PUfish was equipped with T-thermocouples connected to data loggers. Data was logged by FLUKE
universal input module (FLUKE Corp., USA) for laboratory tests and by 8-channels iLog Data
logger (Versalog, USA). Accuracy of the measurements were ±0.2 and ±0.5 °C respectively.
Thermocouples were calibrated at 0.0 °C (in ice) and 20.0 °C (thermostat) before experiments.
Temperature was logged each 60.0 sec. The position of thermocouple is introduced on Fig. 2 (left).

Figure 2: Position of thermocouples for PU-fish 5.5 kg (left) and measurement of temperature of
Atlantic salmon (right)

A Testo temperature measuring instrument (Testo, 2017) with a 23 cm long probe, was used for
measuring temperatures inside the fish, both before and after chilling. Accuracy: ± 0.2 °C. The
sensor was placed at the center of the fish in its thickest part, Fig. 2 (right)
2.7. Description of a Numerical Model
The models of Salmon and PU-fish were created in PDE Tool work package in Matlab R2017a.
The geometries, which were used, represented the exact dimensions of PU-fishes for heat transfer
determination, and the average dimensions of salmons of 3.0±0.3, 5.0±0.3 and 8.0±0.5 kg. Totally
25 fishes of each weigh group were measured. Standard deviation of the dimensions form average
values did not exceed 8.0 %. The fish was split into 2-D slices, that reflects the dimensions of the
PU-fish or a real fish. The model of real fish included guts, fatty tissues, skin and muscles with the
related thermal properties, Fig. 3.
The Neumann boundary conditions were applied, since the surface temperature is varying over the
time. Initial condition were set at To=T(τo). Initial temperature To was decided to be uniformly
distributed in the fish. Heat transfer coefficient and ambient temperature were specified, Eq. (1):
𝑛 ∙ 𝑘∇𝑇 = ℎ! (𝑇 − 𝑇!"# )
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where 𝑛 - the outward unit normal; 𝑛·(k∇T) – is the heat flux, W m-1; hc – the convective heat
transfer coefficient W m-2 K-1 , k – the thermal conductivity, W m-2 K-1;T – the temperature of object,
K; Tamb – the temperature of cooling media, K.
The transient heat transfer problems were solved by parabolic PDE equations, which use a timedependent algorithm, assuming the absence of heat source inside the fish and zero heat flow from
the sides of fish slices, Eq. (2):
𝜌𝐶!

!"
!"

− ∇ ∙ 𝑘∇𝑇 = 0

Eq. (2)

where T – is the transient two-dimensional temperature distribution, K; ρ – the density, kg m-3; Cp –
the specific heat capacity, J kg-1 K-1; τ – the time, sec.
Solution vectors were produced from the mesh, the boundary conditions, and the equation
coefficients. The solution was introduced as a two-dimensional temperature distribution on the
nodes of the mesh. As soon as the position of each node was known, the average temperature for
each node triangle was determined. This simple method gave an opportunity to determine the
temperature of any segment of the slice or bulk temperature of the whole slice. The segments,
which introduced the positions of temperature sensors in PU-fish, were determined. The simulation
of real Atlantic Salmon included segment area, which refers to the temperature probe position (Fig.
2, right), when measuring fish temperature before and after chilling, Fig. 3.

Figure 3: Example of presentation Atlantic salmon geometry in Matlab 2017a Pde-tool

2.8.

Determination of Convective Heat Transfer Coefficient

Convective heat transfer coefficient for PU-fish was determined using the numerical model by
adjusting convective heat transfer coefficient in numerical simulation until the sum of mean square
errors between the measured and modelled temperature values reached the minimum value. The
temperature values were taken from the beginning until the end of chilling process.
The verification of the convective heat transfer was done by the chilling of Atlantic salmon at the
same conditions as PU-fish. Geometries of the fishes were determined for each test. Two
temperature values were taken for analysis: initial temperature and final temperature (with respect
to chilling time).
2.9.

Simplification Approach for Chilling Problem

The use of MatLab script consumes significant amount of resources due to its complicity. The
model was simplified by use of one type of tissues – muscle tissues and by the determination of
equivalent radius of fish that allows to apply a simple analytical solution for an infinite cylinder.
A special case for the analytical solution of transient heat transfer problem, applied to the chilling of
Atlantic salmon can be introduced by the following equation, Eq.(3):
𝜃!"#$"%

!!! (!! )
!→!
!!! ! !! ! !!! !
! ! !
! !

𝑒𝑥𝑝  (−𝜇!! 𝐹𝑜)
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where µ - is the root of parametric equation, J – the Bessel function, Fo – the Fourier number, Bithe Boit number; θ –the dimensionless temperature.
The geometry was simplified by the application of an equivalent radius that was found empirically
using experiments and numerical simulation (standard error between numerical simulation and
analytical solution did not exceed 0.7%), Eq. (4):
𝑟!"#$%&'!() = 0,929045 ∗ 𝑏/2

!,!""#!$

∗ 𝑎/2

!,!!"!!#

Eq. (4)

where b – is the thickness of fish at the thickest part, m; a – the height of fish at the thickest part,
m.
2.10. Statistical Analysis
The thermal property tests were done in 5 parallels. Each experimental test point was done in 3
parallels. The quality of the model was checked by residual analysis: adjusted R2, F-significance
and p-value. Standard deviation is introduced in brackets. The variation of some parameters are
marked with “±” symbol.

3. RESULTS AND DISCUSSION
3.1.
Convective Heat Transfer Coefficient for Natural and Forced Convection at
Laboratory Tank
Table 2 introduces the influence of chilling modes on the convective heat transfer coefficient. Flake
ice showed the lowest values and it cannot be accepted for rapid and efficient chilling of Atlantic
salmon, especially, when the weight of fish is over 3.0 kg. Chilling of PU-fish in Tank 1, was much
slower, when compared with chilling in Tank 2. This occurred due to high volume of brine in Tank
1, which reduced the velocity of brine. Also, the velocity of brine was not uniform in the volume of
the tank and the highest values of convective heat transfer coefficient were obtained on the bottom
where the brine flow entering the tank (p<0.05). The increasing of the brine flow to 24.6 m3 h-1
resulted in the increasing of convective heat transfer coefficient up to 300 W m-2 K-1, that is the
boundary sensitivity of PU-fish.
The brine flow, which had a direction form one wall of the Tank 2 to the other, showed higher
values of convective heat transfer coefficient when compared with those obtained for Tank 1. This,
obviously, occurred due to smaller volume of brine in the tank and higher average velocities. The
position of fish in Tank 1 did not have a statistically significant difference on convective heat
transfer (p>0.05). Free falling of brine did not show any influence of flow on the convective heat
transfer coefficient for PU-fish (p>0.05).
It is important to note that the high brine flows (>18.0 m3 h-1) were required for obtaining
convective heat transfer coefficient over 200 W m-2 K-1 for laboratory chilling tank of 1 m3 volume.
This value will be even more difficult to achieve for large-scale units.
The chilling of Atlantic salmon in the laboratory tank of 5.0 ±0.5 kg weight revealed a good
agreement between simulation and measurements. The temperature difference (after chilling)
between the simulation and measurement temperatures was in the range between -2.5 and 2.2 %.
The temperature, which was measured by probe, referred to geometric center of the fish in its
thickest part.
Table 2. Convective heat transfer coefficient determined for different modes of PU-fish chilling

Experiment

Brine flow
(m3·h-1)

Tank 1
(unpredicted flow)

0.0
9.0
18.0
24.6
9.0
18.0
36.0
9.0
18.0

Tank 2
(flow form one
side to the other)
Free-falling of
brine

Convective heat
transfer coefficient
(W∙m-2·K-1)
102.0 (5.0)
117.0-141.0 (9.0)
155.0-219.0 (10.0)
240.0-300.0 (11.0)
171.0 (8.0)
247.0 (9.0)
300.0 (12.0)
151.0 (9.0)

Brine velocity
(m·s-1)
0.0
N/A
N/A
N/A
0.01
0.02
0.04
N/A
N/A
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Flake ice, 0.01 m
Flake ice/water
3.2.

N/A
N/A

16.0 (2.0)
115.0 (5.0)

N/A
N&A

Convective Heat Transfer Coefficient for Industrial Spiral Tank

Field tests at the industrial slaughter house were conducted with PU-fishes of 5.5 kg. The RSW
flow was organized along the chilling tank (from one side to another). It is remarkable, that
increasing of RSW flow did not cause the same effect on the convective heat transfer coefficient as
for laboratory tests, even for high exchange rate, Table 3.
Table 3. Convective heat transfer coefficient determined by PU-fish in industrial tank 100 m
3

-1

RSW flow (m ·h )
200.0
65.0

65.0

Convective
heat Fish
density
transfer (W∙m-2·K-1)
chambers (%)
PU fish
121.0(5.0)
33.0-38.9
122.0(5.0)
43.7
134.0(8.0)
42.0
139.0(8.0)
41.6
117.0(8.0)
N/A
Real salmon
112.0(7.0)
7.6

3

in RSW exchange rate
in chamber (h-1)
30.3
9.28

9.28; 0.0025 (m·s-1)

The convective heat transfer coefficient was determined in the range between 117 and 139
W∙m-2·K-1. It looks like the fishes formed a stack, which influenced the flow distribution inside the
chilling chambers. Due to this, some variations of convective heat transfer occurred even for the
same flows of RSW (65.0 m3·h-1).
In addition, the temperature sensor, which was measuring RSW temperature in vicinity of the fish
surface, detected a significant temperature alteration during the chilling process, when the
detected temperature exceeded the RSW outlet temperature by 1.5-2.0 °C, Fig. 4 (grey and red
lines). The density of fish in the chambers reached 43.07 % for some experiments.

Figure 4: Example of temperature alteration in PU-fish with respect to RSW temperature at the
surface (RSW, measurement) and RSW temperature at an outlet of the chilling tank

Thus, the direct determination of convective heat transfer coefficients for Atlantic salmons in the
chilling tank was false, due to the absence of information on the exact temperature at the fish
surface. However, one experiment set was successful due to low density of fish in one chamber,
when the temperature of RSW over the fish surface was predictable (in the range of 0.5 °C). The
convective heat transfer coefficient was 112.0 (7.0) W m-2 K-1, which is in agreement with the
average low velocity of RSW in the chamber. Seems to be that large scale chilling units cannot
provide a sufficient flow of RSW for reaching high values of convective heat transfer coefficient. At
the same time, the importance of convective heat transfer coefficient for chilling process is
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decreasing, when reaching the value of 250 W m-2 K-1 and over due to high internal heat
resistance.

3.3.

Chilling Kinetics of Atlantic Salmon

The chilling process of Atlantic salmon takes between 90 and 120 min for big industrial
slaughterhouses. Fig. 5 is based on the simplified analytical solution of the transient problem for
salmon chilling (Eq. (3)). It indicates that the aim of 2.0 °C at the fish center is hardly achievable for
fishes with weight over 5.0 kg. The dimensionless temperature can be calculated by Eq. (5):
𝜃=

!! !!!"#
!! !!!"#

Eq.(5)

Figure 4: Temperature in the center of Atlantic salmon with respect to weight, initial temperature of
-2
-1
fish and RSW temperature, convective heat transfer coefficient 150.0 W m K

Additional challenges occur during summer and autumn harvesting when the sea temperature
increases up to 15.0 °C. The temperature of Salmon will be at the same temperature in such a
case. Thus, the pre-chilling of big-size salmon to +6.0 °C before slaughtering (or two stage chilling)
is required for slaughterhouses with limited chilling capacities.

4. CONCLUSIONS
The convective heat transfer coefficient up to 300 W∙m-2·K-1 can be achieved for chilling of Atlantic
salmon at a laboratory chilling tank. However, a high flow of cooling media is required. Due to this,
the convective heat transfer coefficient at large-scale industrial chilling units was determined in the
range between 112.0 and 139.0 W∙m-2·K-1. Another important issue was the high density of fish in
the chamber of the industrial chilling tanks that caused insufficient RSW flow distribution. The
higher values were not achieved as a result. The temperature at the fish surface was higher when
compared to RSW outlet temperature. The simulation model showed that Atlantic salmon of big
sizes could not be effectively chilled within time intervals, which are common for processing
factories.
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ABSTRACT
This papers is summing up main challenges which occur at large-scale industrial slaughter houses
when chilling Atlantic salmon by refrigerated sea water (RSW). The study includes strategies of
efficient chilling in 100 m 3 spiral tanks based on the field tests. Analysis showed high density of fish
in a chilling tank and low refrigerated sea water flow lead to non-uniform temperature distribution in
the tank. Temperature at the surface of the fish can exceed values of RSW outlet temperature, which
increases the chilling time, reduces efficiency of the process and limits capacity of equipment. The
chilling index can vary from 66 to 108% for the same type of chilling tank with respect to operation
parameters. Agitation of fish in the chilling tank increases chilling efficiency up to 87.9 %. The limited
time of fish holding in the chilling tank (75-100 min) was not sufficient for achieving temperature of
2.0 °C for any scenario, when initial temperature of fish was higher than 11.0 °C.
Keywords: Atlantic Salmon, RSW, industrial chilling, heat transfer, modelling, chilling index

1. INTRODUCTION
Atlantic salmon aquaculture is a sector of industry that shows high growth through the recent years.
Norwegian salmon production reached the value of 1.236 million tons in 2017 (StatisticsNorway,
2018). The following requirements are applied for chilling of Atlantic salmon at big slaughter houses.
A rapid and effective chilling process is the important step during the production for high product
quality and sustainable shelf-life. The final temperature of fish should be in the range between 0 and
-2.0 °C as fast as it possible after slaughtering (FAO/WHO, 2003; Venugopal, 2006). A slow and
insufficient chilling of fish results in a significant decreasing of quality: gaping, reduced shelf-life,
decreasing of fillet yield, increasing of extracellular ice in frozen fish etc. (Einen et al., 2002; Erikson
et al., 2011; Magnussen and Hardarson, 1987).
Previous research revealed high variations of fish and RSW temperatures in an industrial chilling
tank (Widell et al., 2018), which created difficulties for evaluation and comparison of different chilling
processes for further optimization. Laboratory chilling tests determined high influence of geometry
on chilling time and relatively high deviation of convective heat transfer coefficient in the range
between 75.0 and 150.0 W m -2 K-1 (Bantle et al., 2015).
This study is devoted to the analysis of chilling of Atlantic salmon in spiral tanks. This type of
equipment is characterized by high capacity and large volume. A modelling part was supported by
experimental results from three industrial field visits, when the major influencing factors were varied.

2. MATERIAL AND METHODS
2.1.

Experimental campaign description

The experiments were conducted during 3 visits to salmon processing plants. Each chilling test had
the following measurement procedure:
• Measurement of initial and final fish temperature in the center, geometry (height and width)
and weight;
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Logging of chilling time, amount of fish in the chambers of chilling tank – data provided by
factory logging system;
• Logging of RSW inlet and outlet temperature and flow;
• Measuring of RSW temperature at vicinity of fish (flexible temperature sensor connected to
polyurethane fish, distance 0.05-0.1 m from the surface of fish);
• Logging of RSW temperature between chambers of the chilling tank.
iButton temperature sensors (Maxim Integrated, 2017) were used to log RSW temperatures between
the chambers inside the tank. The sensors were attached to the screw with a plastic holder, at the
distances of 0.1 (bottom) and 0.8 m (middle) from the edge of the screw. Temperature was measured
each minute, an accuracy ± 0.5 °C.
A Testo temperature measuring instrument (Testo, USA) with a 0.23 m long probe, was used for
measuring temperatures in thermal center of the fish, an accuracy: ± 0.2 °C.
•

2.2.

Description of spiral tank operation

The chilling tank consists of half-cylinder with a perforated screw. The tank was filled 60% (approx.);
thus, the screw creates isolated chambers along the tank, Fig.1. Fish filling of the tank was made by
a belt conveyor, which allowed to fill any chamber by moving the controlling device or to have
stationary position in the case of crew rotation. At the same time, the unloading occurs through the
end of the chilling tank (unloading port) by screw rotation. RSW flow direction was along the tank
from the fish unloading port to the beginning through the openings on the screw and between the
screw and a tank wall. All the tanks had a volume of 100 m 3 (diameter 4.2-4.5 m, length 11.0-12.0
m).
The processing plants had either two or three of these tanks in parallel to provide chilling capacity.
The tanks were working in a semi-continuous mode. The example of a battery, which consists of two
units is given below:
• Filling both tanks with RSW;
• Filling chambers of tank 1 with fish at the beginning of working shift (40-90 min), the screw is
not moving;
• Fish held in the tank 1 (40-60 min), screw is not moving. Simultaneous filling of tank 2;
• Unloading of tank 1 (20-30 min), rotation of the screw. Simultaneous filling of tank 2, the
screw is not moving;
• Simultaneous unloading and filling of tank 1 (20-30 min), the screw is moving. Fish held in
tank 2;
• Unloading of tank 2, rotation of the screw. Filling of tank 1 (20-30 min), the screw is not
moving.

Figure 1: Simple sketch of spiral tank for industrial chilling of Atlantic Salmon

2.3.

Experimental cases

Three industrial field trips were conducted at summer, autumn and winter. One chilling tank was
used for tests in each experimental case. The parameters of the chilling tanks are introduced in
Table 1. Case 1 had a battery of 3 tanks. The system was characterized by high RSW flow, relatively
low amount of fish in the chambers (fish density, %) and low heat flow from the fish, but fresh water
of 10.0 °C was added at the RSW outlet from the tank. RSW inlet temperature was unstable, thus,
only one test was considered to be representative.
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Table 1. Parameters of spiral chilling tanks
RSW
Fish
in Average
Fish
initial RSW
Case flow,
chambers*, weight of temperature, inlet,
m3 h-1
% (volume) fish*, kg
°C
°C
1
200.0 (10) 33.3÷38.9
4.6÷5.4
5.0÷7.0
0.4 (0.1)
2
50-65(10) 40.1÷43.7
4.7÷5.1
5.0÷7.0
-1.6 (0.1)
3
65.0 (10)
33.5÷45.6
3.9÷5.4
11.0÷12.0
-1.4 (0.1)
* Range of average values per a test

Chilling
sets
2
5
4

Additional
agitation
devices
NO
NO
YES

Case 2 and 3 had similar parameters such as a battery of 2 tanks, low RSW flow. At the same time,
Case 3 included additional agitation device installed in the tank, which consisted of RSW pump and
8 valves and nozzles. The nozzles operated consequently in 5 min intervals followed by 5 min pause.
The fish initial temperature for Case 3 was significantly higher, when compared with Case 2 and 1.
2.4.

Chilling index

The chilling experiment has unique parameters, which can vary significantly: the initial (T0, ⁰C) and
final (Tτ, ⁰C) temperatures of fish; the geometry of fish; RSW temperature (TRSW, ⁰C); the chilling time
in spiral tank, τ; the flow of RSW in tank chambers etc. These factors make direct comparison of
chilling modes (or systems) complicated.
First assumption, for simplification of the evaluation, is using the dimensionless temperature (θ, -)
for all the experiments. This will allow to compare temperature variation in the center of the fish as a
relative value to compare different initial conditions which related to different temperature profiles of
RSW and fish, Eq.(1):
𝑇 −𝑇

Eq. (1)

𝜃 = 𝑇𝜏 −𝑇𝑅𝑆𝑊
0

𝑅𝑆𝑊

where Tτ – the fish temperature at the center at time τ, °C; T0 – the fish temperature before chilling,
°C; TRSW – the refrigerated sea water temperature, °C.
All the tests are characterized by different fish size and quantities of fish in the chambers of chilling
tank. This influences on the flow distribution inside the chambers, temperature variation and
appearances of stagnations areas. In this case, the following reference boundary conditions, which
introduces the ideal case for comparison, can be applied.
• Predominance of internal thermal resistance over external thermal resistance, when Biot
number if higher than 100 (convective heat transfer coefficient is over 1000 W m -2 K-1). This
measure is important as soon as RSW flow is not uniform in the tank and the areas of high
velocity and flow stagnation are common. High internal thermal resistance limits the influence
of convective heat transfer on transient processes (Flesland and Magnussen, 1990);
• Optimized (reference) temperature of RSW, which reflects the weighted arithmetic mean of
RSW temperature at outlet of the tank during the chilling process.
The efficiency of chilling can be introduced via following equation of chilling index (Ch.I, %), Eq. (2)
and/or Eq.(3):
𝐶ℎ. 𝐼 =
𝐶ℎ. 𝐼 =

𝑇0 −𝑇𝑓𝑖𝑠ℎ,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑
𝑇0 −𝑇𝑓𝑖𝑠ℎ,𝑚𝑜𝑑𝑒𝑙
1−𝜃𝑓𝑖𝑠ℎ,𝑚𝑒𝑎𝑟𝑢𝑟𝑒𝑑
1−𝜃𝑓𝑖𝑠ℎ,𝑚𝑜𝑑𝑒𝑙

∗ 100%

Eq. (2)

∗ 100%

Eq. (3)

Chilling index is just a comparison between the obtained temperature of fish (in the center) and
modelled ideal temperature of fish, which can be obtained for the same process but at reference
condition, which is introduced in %. The chilling index below 100 % introduces weak chilling process,
when RSW flow is weak, convective heat transfer coefficient is low and RSW temperature at the
surface of fish is higher when compared with reference RSW temperature. The value of 100% and
higher means that the system operates at high efficiency, which is very close to ideal conditions:
high convective heat transfer coefficient and low temperature at the surface of the fish.
The use of half-cooling time principle and comparison with dimensionless temperature, when chilling
at reference conditions, is necessary for calculation of real RSW temperatures at the fish surface.
This can show the gradient of RSW temperatures for dense package of fish inside chilling chambers,
when the flow of RSW is blocked by fish. It can be used as indication of flow stagnation in the
chambers during the chilling process, Eq. (4):
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𝑇𝑅𝑆𝑊,𝑟𝑒𝑎𝑙 =
2.5.

𝑇0𝜃𝑓𝑖𝑠ℎ,𝑚𝑜𝑑𝑒𝑙 −𝑇𝑓𝑖𝑠ℎ,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑
1−𝜃𝑓𝑖𝑠ℎ,𝑚𝑜𝑑𝑒𝑙

Eq. (4)

Modelling of fish temperature

The geometric models of Atlantic salmons were created in PDE Tool work package in Matlab
R2017a. Fish was introduced as the series of 2D-slices with a known area, thickness and weight.
The Neumann boundary conditions were applied, since the surface temperature is varying over the
time. Initial condition were set at To=T(τo). The model utilized thermal properties of fresh Atlantic
salmon, which were determined for this study. Transient heat transfer problems were solved by
parabolic PDE equations, which use time-dependent algorithm.
A special case for the analytical solution of transient heat transfer problem, which was based on
numerical simulation, was used for the chilling of Atlantic salmon, the temperature in center of fish,
Eq.5, the average temperature, Eq.6:
𝜃𝑐𝑒𝑛𝑡𝑒𝑟 = ∑𝑛→∞
𝑛=1 𝜇

2𝐽1 (𝜇𝑛)
2
2
𝑛 [𝐽0 (𝜇𝑛 )+𝐽1 (𝜇𝑛 )]

𝑒𝑥𝑝(−𝜇𝑛2 𝐹𝑜)

2

4𝐵𝑖
2
𝜃̅ = ∑𝑛→∞
𝑛=1 𝜇 2 (𝜇 2 +𝐵𝑖 2) 𝑒𝑥𝑝(−𝜇𝑛 𝐹𝑜)
𝑛

𝑛

Eq. (5)
Eq. (6)

where µ - the root of parametric equation, J – the Bessel function, Fo – the Fourier number, Bi- the
Boit number; θ – the dimensionless temperature, -.
The geometry was simplified by the application of equivalent radius, which was found empirically
using experiments and numerical simulation (standard error between numerical simulation and
analytical solution did not exceed 0.4%), Eq.7:
𝑟𝑒𝑞𝑢𝑖𝑣𝑎𝑙𝑒𝑛𝑡 = 0,929045 ∗ (𝑏/2)0,722475 ∗ (𝑎/2)0,226227

Eq. (7)

where b – the thickness of fish at thicker part, m; a - the height of fish at thicker part, m.
This approach can be applied at a factory as soon as calculation algorithm is simple and can be
easily utilized without special software like Matlab.
2.6.

Determination of thermal properties

Thermal properties of fish tissues were measured by two different techniques: DSC (TA instruments,
USA) and Transient Plane Source ISO 22007-2:2015(ISO, 2015). The average thermal properties
were used for modelling the fish temperature and chilling index. This approach was tested in previous
experiments and gave good agreement between modelling and experimental results (Statistical error
3.5 %). Thermal conductivity was determined at 0.52 W m -1 K-1, overall heat capacity - 3600 J kg-1
K-1, density - 1050 kg m -3. The main parameter, which was used for calculations of chilling time (Eq.5
and Eq. 6), is thermal diffusivity, and it varied in the range ±7.0 % from average value with respect
to fat content in fish.
2.7.

Statistical analysis

Thermal property tests were done in 5 parallels. Each experimental test, when determining the
thermal properties, was done in 3 parallels. Fish temperature, weight and geometry was determined
for 30-150 pieces for test. The quality on the models were checked by the residual analysis: adjusted
R2, F-significance, and p-value. Standard deviation is introduced in brackets.

3. RESULTS AND DISCUSSION
3.1.

Temperature in chilling tank at vicinity of fish surface

Fig. 2 shows an example of temperature at the vicinity of fish, which was measured for Case 2, test
3 experimental campaign. The temperature at the surface of fish was significantly different (p<0.05)
between the chambers. In most cases, the temperature had higher values when compared with RSW
outlet temperature. Rotation of the screw influenced on alteration of the temperature due to
mechanical agitation. This measure can have a negative effect on fish when transferring fish from
“cold” to “warm” area in a chamber as it happened with the fish in chamber 12 on Fig. 2 (black line).
The formation of long-term warm areas may occur for low flow of RSW (Case 2 and 3).
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Figure 2: Example of RSW temperature at inlet/outlet of chilling tank and RSW temperature at vicinity
of fish, Case 2, test 3, chambers 4 and 12.

3.2.

Temperature field in chambers

The high flow of RSW (200 m 3 h-1) and low density of fish in the chambers (38.9 %), Case 1, resulted
in a slight and short-term increasing of RSW temperature after loading the chambers, Fig. 3A, yellow
and red lines. The observed temperatures varied in the range between RSW inlet and RSW outlet
temperature values. The same trend was observed for all other chambers for Case 1.

Figure 3: Comparison of RSW temperatures at inlet/outlet of chilling tank and between chambers for
different RSW flows; Case 1, test1 (A), 200 m3 h-1; Case 2, test1 (B),65.0 m3 h-1.

Case 2 and 3 were characterized by low RSW flow (65.0 m 3 h-1), while density of fish varied
significantly for Case 3. The filling of fish in the chambers resulted in a significant, rapid and long term (p<0.05) increasing of the temperature, which was measured by iButton loggers, Fig. 3B (red,
pink, blue and black lines). This was observed during all the experiments in cases 2 and 3 for all the
chambers. The temperature curves on Fig. 3B (right) shows a few peaks which are attributed with
slight movements of screw, when the logger position was changed.
Temperature values, which were measured at the bottom and at the middle points between the
chambers, were non-uniform and varied significantly during the tests. Temperature increasing were
also detected in the upstream empty chambers during filling: some warm water was pushed out from
filled chambers (counter flow).
The system in Case 3 was equipped with an additional fish agitation system. However, it did not
influence the trend of temperature alteration between the chambers. RSW outlet temperature (green
line on Fig. 3B) increased consequently with some time delay due to large scale of the tank, when it
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requires time for warm RSW to reach the outlet temperature sensor. It takes approximately half of
an hour for RSW of 65.0 m -3 h-1 to pass through the chilling tank of 100 m 3.
3.3.

Chilling index

The temperature of fish after chilling process varied significantly during one test (p<0.05), that was
expected due to the difference in geometry, chilling time (the screw rotation was not constant during
loading and unloading), and the variations of RSW outlet temperature. Chilling index was calculated
based on RSW outlet temperature using data delivered by logging system from the factory. The
statistical distribution was characterized by low kurtosis values (thin tails of distribution) and
skewness between -0.3 and 0.58, which means that fish was chilled in random order, Fig. 4 A.
The chilling index reached the average value of 108.0% in Case 1, that means that the average
temperature at the surface of fish was below the RSW outlet value (1.3 °C), Fig. 4B (blue dots). This
occurred due to low density of fish 38.9 % and high RSW flow of 200 m 3 h-1.
The decreasing of RSW flow to 65.0 m 3 h-1 and increasing of fish density in chambers up to 43.7 %
resulted in the reduction of the chilling index to 76.8 % in Case 2 test 1 (average values), Fig. 4B
(orange dots). The chilling index varied between 71.1 and 76.8 % for Case 2.
The highest value of chilling index for Cases 2 and 3 was observed for experiment when filling empty
tank the lowest value occurred when the RSW flow decreased to 50 m 3 h-1. Empty tank had higher
chilling capacity, when compared with the tank in operation, due to higher amount of “fresh” RSW.

Figure 4: Example of statistical distribution of chilling index values in experiment, Case 2, test1 (A);
Influence of RSW flow and fish density on chilling index (B); Chilling index and temperature at
vicinity of fish with respect to fish density in chambers (C).

The calculated chilling index for Case 3 was in the range between 66.0 and 88.0 % with respect to
the density of fish in the chambers. The experiments with high density of fish (between 41.3 and 42.2
%) showed the chilling index similar to the values obtained in Case 2 (in the range between 75.1 and
78.1 %), while the initial temperature of the fish was significantly higher. Thus, an additional agitation
device can compensate the additive heat flow from the warmer fish.
Fig. 4C introduces test 3 (Case3), when the fish size varied during processing. Chambers 14-8 were
filled with the fishes of high weight (5.4 kg), while chambers 5-1 were filled with the fishes of 4.0 kg
average weight. Chamber 8 had six times less fishes when compared with chambers 14-9. High
density of fish created a significant temperature alteration in chambers 14-9, when compared with
chambers 5-1 or 8, 4.6 °C vs 2.4 and 2.6 °C respectively (blue and red circles, Fig. 4C). Seems to
be, that the increasing of fish density in the chambers created fish agglomeration, which could not
be penetrated by RSW flow of 65.0 m 3 h-1. The RSW flow was distributed non-uniformly in the volume
of a chamber. The major part of the flow would follow the route of minimum resistance along the wall
of the chilling tank. At the same time, RSW at flow of 65 m 3 h-1 is sufficient for transferring heat from
fish, as soon as, the chilling for Case 3 was of the same efficiency as for Case2.
3.4.

Factors influencing chilling index

The influence of a chamber number on the chilling index was unclear during this study. It had some
fluctuations within the experiments, but an average trend was the constant chilling index in
chambers, when the density of fish in the chambers was the same. A direct comparison of factors
influencing on the chilling index between these 3 cases was complicated due to high variation of
experimental parameters: the difference between RSW and initial fish, the density of fish in
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chambers, the flow of RSW and the presence fish agitation in chambers, a time-line of production
process etc. The comparison of chilling index vs volumetric heat load form fish, which is calculated
as an average value of energy (kWh) by chamber volume (m 3), is preferable in such a case. This
value will reflect the cumulative influence of fish density in a chamber and the difference between
RSW and initial temperatures of fish (heat flow form fish).
The increasing of RSW flow from 65.0 to 200.0 m 3 h-1 results in significant increasing of the chilling
index (orange and black points on Fig. 5); the high RSW flow provides better temperature distribution
and higher average convective heat transfer coefficient. The additional agitation device (blue points)
can increase the efficiency of chilling (chilling index) by 10.0-12.0 % when compared with nonmodified system (orange points), even for a high heat flow from fish.

Figure 5: Chilling index vs volumetric heat load from fish with respect to RSW flow

The decreasing of the heat load below 1 kWh m -3, which refers to chamber 8 (Case 3, test3), resulted
in a slight increase of the chilling index from 85.3 to 87.9 % which does not have statistical
significance (p>0.05). The approach, which was used for determination of the chilling index utilizes
the high convective heat transfer coefficient of 1000 W m -2 K-1 as a reference parameter. At the same
time, the RSW flow of 65.0 m 3 h-1 was not able to provide such a high heat transfer coefficient and
uniform flow distribution even with the help of periodic agitation, thus, the process approaches to the
maximum limit of chilling efficiency. Possibly, the flow of 65 m 3 h-1 cannot provide sufficient dynamic
pressure for such a large cross-section (8.0-7.0 m 3).

Test

1
2
1
2
3
4
5
1
2
3a
3b
3c

Table 2. Summary table of experimental results and modelling
Chilling index,
RSW
Fish temperature
Time,
Load,
Chilling
%/
temperature, ⁰C
after chilling
3
τ,
kWh/m capacity,
Density of fish,
at vicinity of fish
min
of tank ton/hour
Tτ, ⁰C
θ, %
(average values)
Case 1, RSW flow 200.0 m3 h-1
0.30
108.0(11)/38.9
95
1.78
13.0
0.9(0.5)
2.4(0.6)
(0.07)
0.28
91.0(12)/33.3
100
1.35
11.0
3.6(0.5)
4.3(0.6)
(0.07)
Case2, RSW flow 65.0 m3 h-1; 50.0 m3 h-1 for test 5
76.8(7.1)/43.7
105
2.21
19
1.3(0.6)
3.1(0.5) 0.49(0.07)
74.7(11.7)/42.0
85
1.81
21
1.4(0.7)
3.4(0.5) 0.55(0.08)
73.8(7.8)/41.6
130
2.03
15
1.3(0.6)
2.4(0.5) 0.42(0.08)
75.1(7.8)/41.8
120
1.42
16
1.3(0.6)
2.7(0.5) 0.45(0.05)
71.1(8.3)/40.1
125
2.31
22
1.4(0.4)
2.5(0.5) 0.42(0.08)
Case 3, RSW flow 65.0 m3 h-1
78.1(8.3)/42.2
100
4.03
21
3.53(1.0)
6.9(1.0) 0.50(0.09)
75.1(7.8)/41.3
95
4.56
20
4.3(0.9)
7.1(1.0) 0.50(0.09)
66.7(8.1)/45.6
95
5.39
21
4.6(0.9)
7.6(0.7) 0.61(0.06)
87.9(10.2)/7.6
95
0.90
2.6(0.7)
6.1(1.0) 0.47(0.11)
85.3(6.4)/33.5
95
3.05
16
2.4(1.0)
5.3(0.8) 0.40(0.08)
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4

85.34(9.8)/34.3

75

2.88

18

2.5(1.1)

6.6(1.1)

0.51(0.10)

Thus, maximum fish density in chambers should not exceed 3.0 kWh m -3 or 33.5 % for chilling tank
of 100 m 3. At the same time, the chilling capacity of the system will fall down to 16.0 tons h -1. The
summary of results and modelling is introduced in Table 2. It should be noted, that the chilling time
does not influence the chilling index as soon as chilling index is calculated with respect to the real
time holding of fish in the chilling tank. Time of chilling influences the final temperature of fish: the
increasing of the chilling time will decrease the final temperature of fish. The chilling index introduces
the efficiency of chilling related to the existing processing parameters in dimensionless form, while
final temperature of fish is time-dependent value and it can be calculated via Eq.(5) and/or Eq.(6).
However, increasing of the chilling time will decreases the chilling capacity of a tank significantly
(Case 2, test 3 and 4).
Chilling time is, usually, limited by a factory schedule. Case 3 showed that the allotted time (between
75 and 100 min) was not sufficient for reaching the desired maximum temperature of 2.0 °C in fish
center. Setting up the ideal conditions of chilling (RSW temperature of -1.6 °C and Biot number of
100) can decrease the final temperature by 2.0 K, that will be insufficient for any scenario expect of
twofold increasing of the chilling time.

4. CONCLUSIONS
A significant temperature increase of temperature in the chambers was detected during chilling of
Atlantic salmon, when RSW flow was at 65.0 m 3 h-1, while 200 m 3 h-1 showed the best chilling.
Additional periodic agitation of fish in the chambers could compensate the increased heat flow from
fish, however, the chilling index did not exceed the value of 87.9%. The optimal volumetric heat load
was below 3.0 kWh m -3.
Effective chilling for 100 m 3 spiral tanks was possible when decreasing density of fish in the chambers
to 33% and below and increasing of RSW flow up to 200 m 3 h-1. However, such limitations, which
are applied on a factory to the chilling time make the desired temperature of 2.0 °C in fish center
unachievable.
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ABSTRACT
The traditional procedure for stunning and slaughtering of farmed sea bass
involves the use of crushed ice mixed with seawater. This system causes
enough stress on the fish, as the agony to death by hypothermia takes longer
than 10 minutes. Pre-slaughtering stress involving increased physical activity
before death leads to biochemical processes impacting negatively on the
quality and accelerate the loss of fish freshness. Therefore, they are
investigating new methods to achieve the aforementioned decrease in stress
and increase animal welfare. In this work, a new technology for stunning and
slaughtering of farmed sea bass using crushed ice including
nanoencapsulated clove essential oil is studied. When this technology is
applied on farmed sea bass times of stunning lower than 60 seconds are
achieved, resulting in lower levels of stress (measured by means of glucose
and other blood parameters) and better quality and shelf life of the fresh fish.
Keywords: fish, ice, nanotechnology, quality.

1. INTRODUCTION
In aquaculture, fish reared under farm conditions are exposed to various high
intensity/short duration stressors (Wendelaar-Bonga, 1999), such as
stunning and slaughtering methods. Those methods could have a strong
negative effect on fish welfare, affecting the stress response (Wendelaar-
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Bonga, 1999; Olsen et al., 2006; Ashley, 2007). The majority of farmed fish
from the Mediterranean Sea is asphyxiated by immersing in a slurry mixture
of ice and seawater or packaged live in ice flakes or crushed ice. This
treatment can create unnecessary stress to the fish (Lerfall et al., 2015),
which involves metabolism-related changes, such as increases in glucose
level, hydromineral balance, cardiovascular, respiratory and immune
functions (Pankhurst and Dedual 1994; Barton, 2002). Previous studies
showed, from a comparison of commercial and experimental killing methods
in the European sea bass (Dicentrarchus labrax), asphyxia was confirmed to
be the most stressful killing method, showing either the most prolonged
period prior to death or a remarkable physical activity and affecting the final
quality (EFSA, 2012). This way, those wide ranges of stressors by
aquaculture procedures are also affecting fillet quality (Sigholt et al., 1997;
Martinez et al., 2011; Lerfall et al., 2015). Jeyasekaran et al. (2006) identified
that Pseudomonas spp plays a considerable role as an indicator of fish
quality as a spoilage organism. Further, the total viable Enterobacteriaceae
counts strongly suggest the urgent need to improve the fish quality control
systems (Yagoub, 2009). Along these lines, Pseudomonas spp and
Enterobacteriaceae spp could suggest additional knowledge to enhance the
proper control of the fresh fish storage life, and fish product quality in our
study.
Pre-slaughter methods should offer a rapid loss in sensibility and
consciousness in terms of fish welfare (Zhang et al., 2017), as there is a
broad scientific consensus that fish are sentient and have the capacity to
suffer (Brown, 2015). Stress response could be alleviated with an anesthetic
(Le et al., 2019). There are several anesthetics for fish treatment (Hoseini et
al., 2018a), but the most common is eugenol/clove oil (Taheri Mirghaed et
al., 2018a). Clove essential oil (CEO) is an effective, local, and natural
anesthetic, which may be appropriate for use in commercial aquaculture
situations (Javahery et al., 2012). One of the possible disadvantages of the
CEO is that it has an intense aromatic odor and flavor, which can drastically
change the sensory properties of the food fish (Hill et al., 2013). The βcyclodextrin (βCD) inclusion complex with CEO does not only mask the flavor
of CEO to be used as a stunning agent but also protect against oxidation,
and allowing CEO increases water solubility, bioavailability, and effectivity as
an anesthetic agent (López-Cánovas et al., 2019).
We decided to study with specimens of European sea bass (Dicentrarchus
labrax) because is a species of high importance in aquaculture (FEAP, 2016)
and one of the most important fish species in the Mediterranean aquaculture
(Sahu and Lambris, 2001). European sea bass is also known to be
susceptible to husbandry stressors (Fanouraki et al., 2008). The aim of this
work was to achieve the minimum concentration of CEO-βCD inclusion
complex, included in the ice crystals of the crushed ice used with seawater
at slaughtering, to minimize the stress at slaughtering time, and to see the
effects of this stunning method on quality and shelf life in farmed European
sea bass.
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2. MATERIAL AND METHODS
Fresh sea bass (Dicentrarchus labrax) was obtained from the aquaculture
farm of Servicios Atuneros del Mediterráneo Company (San Pedro del
Pinatar, Murcia, Spain). Fish were slaughtered in the following conditions: (i)
Control group: Crushed ice with seawater at - 0.2 ºC (ratio ice:seawater of
1:1, w/w); and (ii) Treated groups: crushed ice with seawater at - 0.2 ºC (ratio
ice:seawater of 1:1, w/w), and with CEO (15 and 30 mg/kg ice) encapsulated
in βCD (CEO-βCD). Blood samples were taken using lithium heparin
anticoagulant, 2 hours after stunning and slaughtering, and the serum was
obtained by centrifugation. In all the serum samples, the levels of glucose
(ng/ml) and lactate (mmol/L) were analyzed by an i-STAT Portable Clinical
Analyzer (i-STAT, Abbot, Unit City, CA), using i-STAT CG4+ disposable
cartridge. Then, fish was transported to the laboratory and cold room (at 2
ºC) within 1 h in foamed polystyrene boxes with top icing. The average weight
of the whole fresh fish was 600±50 g. For microbiological analyses, 25 g of
sample was diluted with 225 mL of sterile buffered peptone water (Scharlau
Chemie) in a sterile stomacher bag (Model 400 Bags 6141, London, UK) and
homogenized for 1 min using a masticator (Colwort Stomacher 400 Lab,
Seward Medical, London, UK). Serial dilutions of each suspension were
made in sterile peptone water (Scharlau Chemie), and analyzed for microbial
counts. Appropriate aliquots (0.1 or 1 mL) were spread on agar plates. Plate
Count Agar (Scharlau Chemie) was used for enumeration of mesophilic and
psychrotrophic bacteria, and plates were incubated for 48 h at 30 ºC and 7
days at 4 ºC respectively. Pseudomonas sp. were determined on Cetrimide
Agar (Scharlau Chemie) after incubation at 37 ºC for 48 h. Lactic acid
bacteria were counted on Man Rogosa and Sharpe Agar (Scharlau Chemie)
incubated at 31 ºC for 48 h. Enterobacteriaceaes pp. were counted on violet
red bile glucose agar (Scharlau Chemie) incubated at 37 ºC for 24 h. All
plates were performed in duplicate and the results were expressed as
logarithms of the number of colony-forming units per gram (Log CFU/g).
Data were analyzed by one-way ANOVA and a post hoc Bonferroni multiple
comparison test to determine differences between groups. All statistical
analyses were carried out using the IBM SPSS Statistic 23 program.

3. RESULTS
Glucose and lactate levels in the plasma of European Seabass showed some
differences between the different treatments applied. Glucose levels
decreased when CEO-CD (15 and 30 mg/kg) was included, embedded in
the ice crystals, in the crushed ice (Fig. 1A) used at slaughtering, however,
lactate up regulated at higher concentration (Fig. 1B).
By day 15 of storage at 4 ºC, Enterobacteria count in sea bass stunned and
slaughtered with CEO-βCD at 15 and 30 mg/kg ice was lower than the control
condition (the sea bass slaughtered without anesthesia). The use of this
stunning technology allows extending the shelf life of sea bass. At the end of
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refrigerated storage time (15 days) with ice toping, sea bass stunned and
slaughtered with CEO-βCD did not exceed the value of 1 Log CFU/g while
sea bass slaughtered without stunning with CEO-βCDs reached a count of
2.32 Log CFU/g (Fig. 2A). Thus, Enterobacteria count was reduced by 1.3
Log CFU/g after 15 storage days. Pseudomonas has been reported to be the
specific spoilage bacteria in fresh Mediterranean fish stored in ice. By day 15
of storage at 4 ºC, Pseudomonas count of sea bass slaughtered in control
ice, without anesthesia was higher (2.78log UFC/g) than sea bass stunned
and slaughtered with crushed ice including CEO-βCD at 15 and 30 mg/kg ice
(2.08 and 2.12 respectively) (Fig. 2B).

Figure 1. Plasma glucose (A) and lactate (B) levels of slaughtered European
Sea bass in open sea farm conditions, including CEO-βCD at 0, 15 and 30
mg/kg of crushed ice used with seawater at slaughtering. Each value
represents the mean ± S.E.M. of n=4–12 fish per group in each sampling
condition. The letters indicate statistically significant differences between
groups compared to control group (letter a) and according to one-way
ANOVA and Bonferroni test (P≤.05).
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Figure 2. Counts (Log CFU/g) of Enterobacteria (A) and Pseudomonas (B) of
sea bass at the end of storage time at 4 ºC (day 15). Conditions of
slaughtering: control slaughtering without anesthesia (black bar);
slaughtering using stunning/anesthesia with crushed ice including CEO-βCDs at 15 mg/kg ice (grey bar) and at 30 mg/kg ice (striped bar). The error
bars represent the standard error of three replicates (n=3).

4. CONCLUSIONS
A wide range of methods is used for fish stunning and killing. Few of which
would be considered acceptable for other vertebrates, due to the agony times
that could very long. Different parameters have been analyzed such as rigor
mortis, glucose, and cortisol levels to measure the stress suffered by the fish
at slaughtering. CEO-βCD included as an anesthetic agent in the crushed
ice used at fish slaughtering improve the stress conditions of European
Seabass at slaughtering by considering the decrease in the glucose levels in
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comparison to those levels of fish stunned without CEO-βCD. This decrease
is higher when the concentration of the CEO used is low as 15 mg/kg.
Fresh European sea bass stunned and slaughtered with CEO-βCD showed
lower microbiological values due to the demonstrated antimicrobial
properties of the clove essential oils. Enterobacteria and Pseudomonas
counts were reduced by 1-1.3 Log CFU/g after 15 days of ice storage. β-CD
has been utilized in the food industry for molecular encapsulation of essential
oils. When this technology is applied on farmed sea bass times of
stunning/slaughtering lower than 60 seconds are achieved, resulting in lower
levels of stress (measured by means of glucose and other blood
parameters), and better quality and shelf life of the fresh fish. Therefore, this
new stunning technology using CEO-βCD included in the crushed ice for the
slaughtering of farmed fish can be used to significantly decrease the fish
stress and extend the shelf life of fresh farmed fish.
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ABSTRACT
Cherry is a highly perishable fruit widely appreciated that is only commercialized during a short
period. The post-harvest control and monitoring of this fruit is central and essential for optimal
consumption in its highest state of quality. The conservation process aimed to inhibit the microbial
propagation is usually accomplished by low temperatures and/or variable atmosphere composition.
This paper describes experimental tests conducted in different refrigeration chambers located in
industrial and laboratorial facilities. The latter one includes modified atmosphere and controlled
atmosphere chambers. The tests were performed with four different concentration of O 2 and CO2 in
the controlled atmosphere chamber. Fruit samples extracted from each chamber were analyzed at
specific residence times and several organoleptic characteristics were analyzed. The results show
that the modified and controlled atmosphere maintain the fruit quality in terms of size, color,
appearance and firmness, thus increasing their shelf life and food safety.
Keywords: Cherry Experimental test, Cold Storage, Modified atmosphere. Shelf life

1. INTRODUCTION
Food waste is a persistent problem for modern worldwide societies, causing both ethical and
economic impacts. According to the Food and Agriculture Organization of the United Nations (FAO),
one-third of the total food produced for human consumption is lost or wasted, approximately to 1.3
billion of tons and annual costs of over 750 billion dollars (Gustavsson et al., 2011). Moreover, 821
million people suffer from malnutrition around the world (FAO et al. 2018), therefore food waste
should be eradicated. Lastly, natural resources (water and soil) and energy are also wasted, and
biodiversity conservation and air quality are affected (Gustavsson et al., 2011). Thus, conservation
of high-quality food products by increasing its shelf-life is a major priority for producers, distributors
and consumers. Vegetables and fruits play an important role in human nutrition, mainly as a source
of vitamins (C, A and B6), minerals and dietary fiber. In the post-harvest process, losses of nutritional
quality may be significant, particularly in vitamin C, and these losses are associated with physical
damage, prolonged storage, high storage temperatures, low humidity and cold damage (Kader
2013).
Cova da Beira (between Fundão, Covilhã and Belmonte) is one of the most important fruit and
vegetable producer regions in the Centre of Portugal. Unique soil and climate conditions allow fruits
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with high sugar content and a balanced acidity. Cherry trees are an important revenue for the region,
with more that 30% of the total land (Instituto Nacional de Estatísticas 2018). More than 8500 tons
are produced in the Centre of Portugal and more than 90% are produced in the Cova da Beira.
Cherries are a highly perishable food product, due to their high water and nutrient content, that allows
microorganisms to easily grow. Hence, special conservation conditions are essential to maintain
cherry freshness and quality (Shellie et al., 2001; Palma et al., 2012; Wang and Vestrheim, 2002;
Mattheis et al., 1997; Wang and Vestrheim, 2003; Tian et al., 2004; Gross et al., 2016). Cherries
lose their quality by water loss, surface punctures, stem darkening and rotting (Dugan and Roberts,
1997; Tian et al., 2004). Cherry is a non-climacteric fruit, and its respiration rate decreases over time
after harvest. Given its characteristics, it needs a pre-cooling at the time after the harvest. The precooling serves to maintain the intrinsic and extrinsic characteristics that make it appealing to the
consumer, such as color and taste. By reducing the surface temperature and increasing the water
content in the air (increase of the RH), cherries do not to lose volume nor the characteristic red color
(Gross et al., 2016). If on the one hand cooling favors the extension of cherry life time, on the other
hand, when applied in the wrong way, it favors the development of lesions. A correct
parameterization of the cameras is one of the ways to guard against such events. Several studies
were carried out to determine the cherry conservation parameters that considered the extension of
the shelf life and the development of chilling damages, as shown in Table 1.
Table 1. Temperature, relative humidity and controlled atmosphere for cherry conservation conditions

Temperature
[°C]

Relative
humidity
[%]

Conservation
time

0 to 4

90 – 95

-0.5 to 0.5

Controlled
Atmosphere [%]

Reference

CO2

O2

14 days

-

-

Baptista (2007)

90 – 95

-

-

-

Mitcham et al. (2009)

-1 to -0.5

90 – 95

-

20 to 25

0.5 to 2

Silva (2002)

-1 to 0

>95%

2 to 4 weeks

-

-

Gross et al. (2016)

-

-

-

5 to 20

1 to 5

Gross et al. (2016)

≈1

≈95%

27 days

10

8

Palma et al. (2012)

0 to 2

>95%

up to 3
weeks

>15

<10

Wang and Vestrheim
(2002)

≈1

≈95%

60 days

10

5

Tian et al. (2004)

0 to 5

-

28 to 35 days

10 to 15

3 to 10

Ben-Yehoshua et al.
(2005)

≈1

-

6 weeks

15 or 20

5

Mattheis et al. (1997)

Recently, controlled atmospheres in conjunction with low temperatures have been explored to
increase shelf-life, avoiding waste and loss of economic value. This consists in using a chamber
under a certain temperature and atmosphere to conserve cherries. Controlled atmospheres are
constantly monitoring, renewing and adjusting air gases composition: nitrogen, oxygen and carbon
dioxide. This offers a solution to increase cherry shelf-life without using non-natural chemicals,
between harvest and market distribution.
Controlled atmosphere act on fruit respiration by lowering the rate, just by reducing oxygen
concentration. Additionally, carbon dioxide can be increased to reduce surface microbes and rotting
(Chavez-Franco and Kader, 1993; Dugan and Roberts, 1997; Tian et al., 2004; Tian et al., 2001;
Vries-Paterson et al., 1991). Problems that occur by the usage of this technique normally occur at
consumption stage. This may include, irregular maturation, potentiate undesirable odours and
flavours, physiological alterations or increase susceptibility to rotting (after controlled atmosphere
conservation). The potential benefit of this technology depends on the fruit, cultivar, physiological
age, temperature and duration (Beaudry, 2000).
Oxygen level is crucial to control under controlled atmosphere conservation. Very low oxygen
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concentrations can lead to anaerobic fermentation, altering organoleptic characteristics of the fruit
or vegetable (Beaudry, 2000). High concentrations can also be harmful to fruit and vegetable quality,
by accelerating rot or by oxidizing the product (Wszelaki et al., 1999).
Carbon dioxide also influences quality during controlled atmosphere conservation. Increasing the
concentration helps reduce fruit and vegetable decay due to its fungistatic action. However, not all
fruits tolerate high carbon dioxide concentrations. This can trigger or aggravate physiological
problems, irregular maturation, off flavours and odours, or even increase fruit decay susceptibility
after conservation (Kader, 1995; Wszelaki et al., 1999). In this case, cherries are able to tolerate
carbon dioxide by up to 40% concentration during conservation (Tian et al., 2004; Vries-Paterson et
al., 1991). Nevertheless, oxygen concentrations cannot be lower than 1%, otherwise anaerobic
fermentation occurs (Beaudry, 2000).
There are many studies on cherries conserved by controlled atmospheres (Table 1), and the
principal focus is to determine oxygen and carbon dioxide gas proportions for best conservation
results. The recommended atmosphere should have 10 to 15% carbon dioxide and 3 to 10% oxygen
(Ben-Yehoshua et al., 2005; Tian et al., 2004; Kupferman and Sanderson, 2001) under a
temperature of 0 to 5ºC (Ben-Yehoshua et al., 2005).
Here, we show a conservation study under controlled atmosphere of Cherries cv Satins using
industrial size refrigeration chambers. The main objective is to increase cherries shelf-life by using
controlled atmosphere conservation. Results from the study will aid on the application of this
technology to cherries produced at Cova da Beira region.

2. MATERIALS AND METHODS
Cherries cultivar Satin used for controlled atmosphere studies were selected and hydrocooled at the
producer CERFUNDÃO (Portugal). The start of the study was on the 26th June 2018 and ended on
the 14th August 2018. Samples were taken after 3, 7, 14, 21 and 35 after the start of the study for
normal atmosphere conditions; and 7, 21, 35, 42 and 49 days for controlled atmospheres.
Satin cv. cherries were stored and conserved in six different setups: at the farmer’s organization
refrigeration chamber under normal atmosphere; and at the research centre CATAA under normal
atmosphere and 4 different controlled atmospheres: A (3% O 2 | 10% CO2); B (3% O2 | 15% CO2); C
(10% O2 | 10% CO2), and D (10% O2 | 15% CO2).
Farmer’s refrigeration chamber was monitored for temperature and relative humidity using 2 data
loggers “EL-USB-2-LCD+” from LASCAR ELETRONIC. One of the data loggers was positioned in
the packages at the top of the pallet, while the other was placed in the lower packages, the
measurement interval was done every 60 seconds.
CATAA cold chambers ( 26 m 3) with a refrigeration unit Zanotti model C16 are equipped with a
controlled atmosphere unit GAC 5000 (Fruitcontrol, Italy) that is able to monitor and modify
atmospheres of individual pallets. Fruits trays (50x30 cm) are inserted on a euro-size pallet (size:
121x81.5 cm), a LDPE plastic is used to cover the fruits, and the plastic is sealed by a metal platform
between the pallet and fruit trays. The atmosphere control unit is connected to the plastic chamber
by 2 gas taps. Gases used to control atmospheres was carbon dioxide (Linde, Portugal) and nitrogen
(Sysadvance, Portugal), oxygen increments were obtained using an air compressor (Hyundai
HYAC24-2).
Cherries were conserved under temperature and relative humidity of 1.5 ºC and 92 - 96%,
respectively. These values were obtained using a datalogger installed at the refrigeration chamber
centre.
Samples of 50 cherries were inserted in the middle of a 5 kg cherry tray (± 4500 cherries), from these
50 cherries, 20 were individually numbered.
Cherries were individually weighted using a digital scale (Sartorius model TE1502S, Germany),
before and after the conservation study.
Colour evaluation in both sides of the fruit was measured using a tristimulus colorimeter (Konica
Minolta model CR-400 Chroma Meter, USA and illuminant D65, using CIE system L* (lightness) a*
(green to red) b* (blue to yellow) and Colour Data CM-S100w software) having a 8 millimetre viewing
area.
Texture was determined on the fruit cheek area as a skin mechanical resistance, with the help of a
texture analyser (Stable Micro systems model TA-XTplus, United Kingdom), with a P75 compression
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probe (75mm ø). The results are obtained by the software Exponent and expressed in Newton (N).
According to NP EN 12143 (1999), soluble solids content (SSC) expressed as ºBrix using Atago
model PR-32 alpha refractometer (Bellevue, WA, USA).
Titratable acidity, expressed as mEq/100 g, was obtained by potentiometric titration to pH 8.1 by a
0.1M NaOH solution using an automatic titrator (Crison, model Titromatic 2S+3B and TiCom
software, Spain).
Statistical analisys was performed using SPSS 24 (IBM, 2016). Data assumptions of variance
normality and homogeneity were verified using, respectively, the Kolmogorov–Smirnov test and the
Levene Statistic (Maroco, 2011). Despite data normal distribution was not observed, sample was
large enough to allow the use of a parametric test (Maroco, 2011).
One-Way ANOVA analysis was used to find significant statistical differences between time, for all
modalities. After analysis, Scheffe test was applied for multiple comparisons.

3. RESULTS
3.1.

Temperature and Humidity Conditions

The temperature and humidity values monitored at the producer facility are shown in Fig. 1. Values
presented are based on 4 measurements performed every 7 days. By the analysis of Fig. 1(A) it is
possible to verify that the air temperature ranges between -0.5 ºC and +0.5 ºC that most of the time.
Isolated temperature peaks are observed.
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Figure 1: Evaluation of conservation parameters in the producer conservation chamber (A)
Temperature, (B) Relative humidity

The peaks values arise from several factors, such as the increase of the thermal load of the chamber,
opening of doors for logistics, thawing of the refrigeration system. These considerations are verified
by the analysis of the relative humidity plot, Figure 1 (B), where the inverse relative humidity peaks
correspond to the temperature peaks. This behaviour comes from the pallet movement inside the
chamber during the test period, as a consequence of the producer's logistics. There were times
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where different products, at different temperatures, were inside the chamber. This fact also led to
the need to remove the pallet from the refrigerated chamber to collect data from the data loggers,
due to the limited space available for moving inside the chamber. One of the most recurring
phenomena that affects the conservation environment is the opening of doors, with approximately
17 openings of short duration.
3.2.

Fruit Quality Assessment

Initial cherry weight was, in average, 8.58 g ± 0.99 g, with a SSC of 17.78 % ± 1.73 % and 12.54
mEq./100 g ±1.24 mEq./100 g acidity.
Under normal atmosphere at the producer chamber, weight loss was decrease during conservation
time, reaching -3.5 % after 21 days. Acidity also decreases but only statistically difference at 21 days
conservation. No difference was observed for texture measurements (Table 2).
Table 2. Cherry quality evolution under normal atmosphere at farmer’s organization chamber

SSC
Texture
Acidity
[°Brix]
[N]
[mEq./100 g]
0 (harvest)
17.78 ±1.73
2.02 ±0.45
12.54 ±1.24
3
-1.37 a
16.77 b
2.12
13.98 a
7
-2.00 a
17.34 ab
2.07
13.63 a
14
-2.73 b
17.60 a
2.29
13.10 a
21
-3.51 c
18.03 a
2.16
11.25 b
Different letters mean significant differences between values in the same columns (p-value<0,05).
Time

Weight loss [%]

At the research facility (CATAA) the normal atmosphere modality which temperature and relative
humidity conditions are described above (section 2.1), show a higher weight decrease overtime
compared with the producer’s chambers (Table 3), probably related to temperature difference
between the two conditions. After 21 days weight loss was -6.6 %, and -9.3% after 35 days
conservation time. Similarly, to producers’ conditions acidity decreases, however, three statistical
different groups were observed. Texture is maintained until 21 days conservation and lowers at 35
days conservation. If considering only the 21 days period, texture maintains similarly between the
two normal atmosphere conditions (farmers organization and CATAA) (Table 3).
Table 3. Cherry quality evolution under normal atmosphere at CATAA chamber conditions

Time

Weight loss [%]

SSC
[°Brix]

Texture
[N]

Acidity
[mEq./100 g]

0 (harvest)
17.78 ±1.73
2.02 ±0.45
12.54 ±1.24
3
-2.21 a
18.08 ab
1.65 a
14.03 a
7
-2.78 a
17.70 b
1.56 a
12.65 ab
14
-4.67 b
18.53 ab
1.59 a
12.71 ab
21
-6.65 c
18.59 ab
1.49 a
11.37 bc
35
-9.39 d
19.11 a
1.21 b
10.83 c
Different letters mean significant differences between values in the same columns (p-value<0.05).
Under controlled atmosphere conditions that reached 49 days (14 days longer than normal
atmosphere), we observe a decrease of weight and acidity over conservation time for all modalities
(Table 4). Weight loss reached a maximum of -3.73 % (Table 4), which is correspondent to one third
of the observed average at 35 days under normal atmosphere (table 3). On the other hand this value
is similar compared to the farmer’s organization condition at end of conservation period (21 days,
Table 2). Texture is maintained for modalities B and C, decreases for A and D. SSC varies only for
modality A, and not consistently.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3063

Considering acidity, all modalities decrease however, modalities B and C show less decrease not
reaching under 10 mEq/100g. For modality A, acidity was 9.02 mEq/100 g and D was 8.69 mEq/100
g both at 49 days.
Table 4. Cherry quality evolution under controlled atmosphere at CATAA refrigeration chambers.

Weight loss
SSC
Texture
Acidity
[%]
[°Brix]
[N]
[mEq./100 g]
A
7
-1.75 a
17.04 ab
1.95 ab
11.93 a
21
-2.54 b
17.57 a
2.20 a
10.79 b
3%O2-10%CO2
35
-3.35 c
16.76 ab
2.11 ab
10.36 b
42
--2.51 b
16.19 b
1.57 c
9.70 c
49
-3.02 c
17.02 ab
1.88 b
9.02 d
B
7
-1.60 a
18.15
1.90
12.86 a
21
-2.14 b
17.62
1.86
10.31 b
3%O2-15%CO2
35
-2.31 b
18.11
1.81
10.73 b
42
-3.00 c
17.98
1.83
10.02 b
49
-3.73 d
17.84
1.86
10.16 b
C
7
-2.29 a
18.02
2.05
13.09 a
21
-2.66 a
17.75
2.01
11.04 b
10%O2-10%CO2
35
-2.62 a
18.07
2.09
11.06 b
42
-3.18 b
17.76
1.97
10.73 b
49
-2.64 a
17.57
2.01
10.19 b
D
7
-2.43 a
17.75
2.10 a
12.28 a
21
-3.01 ab
17.79
1.70 bc
11.12 ab
10%O2-15%CO2
35
-3.20 b
17.55
1.74 bc
10.40 bc
42
-3.27 b
17.49
1.57 c
9.29 dc
49
-3.17 b
17.49
1.88 ab
8.69 d
Different letters mean significant differences between values in the same columns (p-value<0.05).
Modality

Time

Table 5 show Pearson’s correlation coefficient (r), between variables (weight loss, SSC, texture and
acidity) and time. Modalities B and C are the conditions were cherry quality is maintained for a longer
period of time. No significant correlation between time and both, SSC and texture were observed.
Although significant correlation, modality C shows the lowest Pearson’s correlation coefficient
compared with other modalities. Table 5 results underline results presented in table 4.
Taking into account all results presented here, modality C conditions are indicative to be the most
appropriate to extend cherry cv. Satin shelf-life.
Table 5: Pearson’s coefficient correlation between variables (weight loss, SSC, texture and acidity) and
time under different conservation conditions

SSC
Texture
Acidity
[°Brix]
[N]
[mEq./100 g]
Farmer’s
-0.49 **
0.24 **
ns
-0.86**
CATAA
-0.80 **
0.20 **
-0.38**
-0.86**
A (3%O2-10%CO2)
-0.31 **
-0.12 *
-0.19**
-0.97**
B (3%O2-15%CO2)
-0.68 **
ns
ns
-0.67**
C (10%O2-10%CO2)
-0.21 **
ns
ns
-0.31**
D (10%O2-15%CO2)
-0.21 **
ns
-0.24**
-0.94**
Pearson’s Correlation Coefficient (r) significant correlated (** p-value<0.01; * p-value<0.05; ns: pvalue>=0.05)
Modality

Weight loss [%]

4. CONCLUSIONS
The present work shows that Satin cherry quality was maintained for 21 days in farmer’s organization
conditions, where temperature and relative humidity were mainly between 0ºC - 1ºC and 95%,
respectively. Hence, these conditions are according to usual conservation recommendation.
Controlled atmospheres results indicate that Satin cherries could be conserved until 49 days. Also
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suggests that modality C (10% O2 and 10% CO2) maintains initial cherry quality for longer time, thus,
extending cherry cv. Satin shelf-life.

ACKNOWLEDGEMENTS
This study is within the activities of Project “PrunusPÓS - Optimization of processes for the storage,
cold conservation, active and/or intelligent packaging and food quality traceability in post-harvested
fruit products”, project n.º PDR2020-101-031695, Partnership n.º 87, initiative n.º 175, promoted by
PDR 2020 and co-funded by FEADER within Portugal 2020.
We thank CERFUNDAO farmers’ organization for cherries supply and participation.

REFERENCES
Baptista, Paulo. 2007. Sistemas de Segurança Alimentar Na Cadeia de Transporte e Distribuição
de Produtos Alimentares. Guimarães: Forvisão.
Beaudry, Randolph M. 2000. “Responses of Horticultural Commodities to Low Oxygen : Modified
Atmosphere
Packaging.”
HortTechnology
10
(September):
491–500.
https://doi.org/http://horttech.ashspublications.org/content/10/3/491.abstract.
Ben-Yehoshua, Shimshon, Randolph M. Beaudry, Svetlana Fishman, Sastry Jayanty, and Nazir Mir.
2005. “Modified Atmosphere Packaging and Controlled Atmosphere Storage.” In
Environmentally Friendly Technologies for Agricultural Produce Quality, 61–112. CRC Press.
https://doi.org/10.1201/9780203500361.ch4.
Chavez-Franco, Sergio H., and Adel A. Kader. 1993. “Effects of CO2 on Ethylene Biosynthesis in
‘Bartlett’
Pears.”
Postharvest
Biology
and
Technology
3
(3):
183–90.
https://doi.org/10.1016/0925-5214(93)90054-7.
Dugan, F. M., and R. G. Roberts. 1997. “Pre-Harvest Fungal Colonization Affects Storage Life of
Bing
Cherry
Fruit.”
Journal
of
Phytopathology
145
(5–6):
225–30.
https://doi.org/10.1111/j.1439-0434.1997.tb00390.x.
FAO, IFAD, UNICEF, WFP, and WHO. 2018. “The State of Food Security And Nutrition in the World
2018. Building Climate Resilience for Food Security and Nutrition.” Rome: FAO.
http://www.fao.org/state-of-food-security-nutrition/en/.
Gross, Kenneth C., Chien Yi Wang, and Mikal Saltveit, eds. 2016. The Commercial Storage of Fruits,
Vegetables, and Florist and Nursery Stocks. Agricultural Research Service USDA. Boston, MA:
Springer US. https://doi.org/10.1007/978-1-4613-1127-0.
Gustavsson, Jenny, Christel Cederberg, Ulf Sonesson, Robert van Otterdijk, and Alexandre
Meybeck. 2011. “Global Food Losses and Food Waste – Extent, Causes and Prevention.
Rome.” In . Düsseldorf: FAO. https://doi.org/10.1098/rstb.2010.0126.
IBM. 2016. “IBM SPSS Statistics for Windows.” Armonk, NY: IBM Corp.
Instituto Nacional de Estatísticas. 2018. Estatísticas Agrícolas - 2017. Lisboa: INE.
https://doi.org/0079-4139.
Kader, Adel A. 1995. “REGULATION OF FRUIT PHYSIOLOGY BY CONTROLLED/MODIFIED
ATMOSPHERES.”
Acta
Horticulturae,
no.
398
(March):
59–70.
https://doi.org/10.17660/ActaHortic.1995.398.6.
———. 2013. “Postharvest Technology of Horticultural Crops - An Overview from Farm to Fork.”
Ethiop .J. Appl. Sci. Technol., no. 1: 1–8.
Kupferman, Eugene, and Peter Sanderson. 2001. “Temperature Management and Modified
Atmosphere Packaging to Preserve Sweet Cherry Quality.” POSTHARVEST INFORMATION
NETWORK, 1–9.
Maroco, J. 2011. Statistical Analysis with SPSS Statistics (in Portuguese). 5th ed. Pero Pinheiro:
Report Number.
Mattheis, J. P., D. a. Buchanan, and J. K. Fellman. 1997. “Volatile Constituents of Bing Sweet Cherry
Fruit Following Controlled Atmosphere Storage.” Journal of Agricultural and Food Chemistry 45
(1): 212–16. https://doi.org/10.1021/jf960234v.
Mitcham, Elizabeth J, Carlos H Crisosto, and Adel A Kader. 2009. “Sweet Cherry.” UC Davis.
Palma, V., A.C. Agulheiro-Santos, G. Machado, A.E. Rato, M.J. Cabrita, M. Lozano, and D.
Gónzález. 2012. “Effect of Different Storage Conditions on Nutritional and Quality Parameters

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3065

of ‘ Sweetheart ’ Cherry.” In Proc. XXVIIIth IHC – IS on Postharvest Technology in the Global
Market, edited by M.I. Cantwell and D.P.F. Almeida, 1027–32. Acta Hort. 934, ISHS 2012.
Shellie, K. C., L. G. Neven, and S. R. Drake. 2001. “Assessing ‘Bing’ Sweet Cherry Tolerance to a
Heated Controlled Atmosphere for Insect Pest Control.” HortTechnology 11 (2): 308–11.
Tian, Shi Ping, Ai Li Jiang, Yong Xu, and You Sheng Wang. 2004. “Responses of Physiology and
Quality of Sweet Cherry Fruit to Different Atmospheres in Storage.” Food Chemistry 87 (1): 43–
49. https://doi.org/10.1016/j.foodchem.2003.10.014.
Tian, Shiping, Qing Fan, Yong Xu, Yi Wang, and Aili Jiang. 2001. “Evaluation of the Use of High
CO2 Concentrations and Cold Storage to Control Monilinia Fructicola on Sweet Cherries.”
Postharvest Biology and Technology 22: 53–60. https://doi.org/10.1016/S09255214(00)00177-0.
Vries-Paterson, R. M. De;, A. L.; Jones, and A.C. Cameron. 1991. “Fungistatic Effects of Carbon
Dioxide in a Package Environment on the Decay of Michigan Sweet Cherries by Monilinia
Fructicola.” Plant Disease 75 (9): 943. https://doi.org/10.1094/PD-75-0943.
Wang, L., and S. Vestrheim. 2002. “Controlled Atmosphere Storage of Sweet Cherries ( Prunus
Avium L.).” Acta Agriculturae Scandinavica, Section B — Soil & Plant Science 52 (4): 136–42.
https://doi.org/10.1080/090647103100004825.
Wang, L, and S Vestrheim. 2003. “Controlled Atmosphere Storage of Sweet Cherries (Prunus Avium
L.).” Acta Agriculturae Scandinavica, Section B - Soil & Plant Science 52 (4): 136–42.
https://doi.org/10.1080/090647103100004825.
Wszelaki, Annette, Shimshon Ben Yehoshua, and Beth Mitcham. 1999. “Do High Oxygen
Atmospheres Control Postharvest Decay of Fruits and Vegetables ?” Perishables Handling
Quarterly, no. 99: 22–25.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3066

Manuscript ID: 950
DOI: 10.18462/iir.icr.2019.0950

Industrial storage of root vegetables: Energy and quality
aspects of existing cold-storages.
Erlend INDERGAARD(a), Mette THOMSEN(b), Pia HELTOFT(b), Belachew
ASALF(c), Berit NORDSKOG(c), Kristina N. WIDELL(a), Tom S.
NORDTVEDT(a), Torgeir TAJET(d) Hanne LARSEN(e).
(a)

SINTEF Ocean AS
Trondheim, 7465, Norway, erlend.indergard@sintef.no
(b)
NIBIO, Division of food production and Society
Kapp, 2849, Norway, mette.thomsen@nibio.no
(c)
NIBIO, Division of Biotechnology and Plant Health
Ås, 1433, Norway, belachew.asalf.tadesse@nibio.no
(d)
NLR, Norwegian Agriculture Advisory Service, Stokke, 3160, Norway, torgeir.tajet@nlr.no
(e)
Nofima, Norwegian Institute of Food, Fisheries and Aquaculture Research, Ås, 1433,
Norway, hanne.larsen@nofima.no

ABSTRACT
After harvesting, the Norwegian root vegetables are normally stored at refrigerated temperatures
for 5 to 7 months. During this period, up to 30% of the products are lost. The goal is to reduce the
diseases, the product loss and energy consumption, in addition to increase shelf-life and storage
period. Twenty-eight commercial root vegetable cold-stores were instrumented to measure air
temperature, relative humidity and product temperature. The study was done over two years. The
cold-stores were located in four different regions of Norway. The three focus-products carrot,
swede and celeriac were harvested from one field in each region in open wire nets. The nets were
placed in the various cold-stores in the respective regions and put in the wooden bins together with
the producer's own products. The quality and yield of the products were determined and correlated
to the storage condition. The various storage condition negatively affects the respiration and quality
of the root vegetables, storage-life, and influence on the cooling capacity of the refrigeration
systems.
Keywords: industrial cold-store, refrigeration, yield, storage-life, carrot, swede, celeriac, postharvest

1. INTRODUCTION
Long-time storage of vegetables in Norway is necessary but challenging, with an estimated loss of
20-30% mostly due to weight loss and diseases. In 2017, Norwegians consumed 50,200 tons (10.7
kg per capita) of carrot, swede and celeriac (SSB, 2017), and 10-15,000 tons are expected lost
before consumption. It is important to reduce the loss of root vegetables during storage,
considering global climatic aspects, and economical aspects for the producers who has invested
time and cost to grow, harvest and store products.
Many traditional refrigerants have high Global Warming Potential (GWP), and in line with the
Kyoto- and Montreal-agreements, these refrigerants are beeing and will be fased out from the
market the next years (Regjeringen, 2014). Already, it is not allowed to refill media like R401a and
R22 into refrigeration systems due to Ozone-damage effects. To address the coming challenge to
phase out synthetical refrigerants with high GWP, the existing refrigeration systems were mapped
in this study. Challenges with refrigerants with high GWP are notified from all around the world,
regarding the restrictions according to the EU Reg. No. 517/2014 (i.e. Cardoso et al., 2017, Zhao
et al., 2018).
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Several hundred vegetable stores in Norway alone, needs to be optimized to maintain the quality
of the products. Newer, more stable, energy efficient and environmentally friendly cold-stores are
preferred, but it is realistic to assume that it will take decades to renew all the existing stores. A
study of 38 food cold stores in Europe showed a potential to reduce the energy consumption by 872% for all the storages (Evans et al., 2014). Research on new environmentally friendly
refrigeration systems show that it is possible with energy-saving rates of 55% to 65% by using CO2
heat pumps (Liu et al., 2016). Systems with hydrocarbons like propane and butane is also suited
(Kauffeld and Gund, 2019), with high coefficient of performance (COP) for refrigeration purposes.
A more general consideration to reduce energy for systems with a short period with high cooling
demand, is use of thermal energy storage (TES). Any improvements in thermal energy
management practices can significantly benefit the producers (Alva et al., 2018). An intention to
reduce loss of products and go green, with focus on a sustainable food chain are taken all around
the world (Wu and Huang, 2018, Halloran, 2014).
If stored in conditions with misfit relative humidity and higher temperatures, it is known that many
vegetables will lose weight and get more diseases. This in interaction with series of biological
factors (Baugerød et al., 1986). The temperature should be 0-1°C and relative humidity 95-99%.
Studies have shown that storage conditions may play a significant role in creating conditions
suitable for latent infections to develop and spread within the bins and packing houses (Thomsen
et al., 2018). To reduce the loss of vegetables in Norway is a small but important contribution to the
predicted statement that we must increase global food production by 70% before 2050 (Mc Carthy
et al., 2018).
In the project Optirot (2016-2019), the goal is to reduce the product loss of root vegetables during
storage by 10%, in addition to increase shelf-life and storage period by two months by linking
biology and technology closely together. The work includes i) studies of various fertilisers
(balanced micro- and macronutrients) during growing to make the harvested products 'prepared'
for storage, ii) studies of optimal wound healing periods before stable storage, iii) optimization of
existing vegetable cold-houses, presented in this paper, iv) designs for future cold-stores, and v)
optimization of plastic layers inside the wooden bins.

2. MEASUREMENTS AND METHODS
2.1
Survey areas and location of cold-stores
Norway is a long country far up north, where the golf stream gives mild and moist winters by the
cost, but cold and dry climate inland. A study to see how the climate variations affect the storage
air in cold-stores was performed in four different regions in Norway: i) Mid – Middle part of Norway,
north of Trondheim, ii) Rog – Southwest, south of Stavanger, iii) Osl – Southeast, both sides of the
Oslo-fjord, and iv) Inn – East, Inland around Lillehammer. Weather data like air temperature and
relative humidity for the regions were collected for the periods of two season (Sept to April) from
MET (The Norwegian Meteorological Institute).
2.2
Storage of root vegetables, product temperature and weight lose measurement
Carrot, swede and celeriac were harvested from one field in each region in 10-20 kg (100 carrot or
25 swede/celeriac roots) open wire nets. The nets were placed in the twenty-eight various coldstores in the respective regions and dug down in four wooden bins at each store together with the
producer's own products. The weight of the root vegetables was measured before and after the
two storage seasons. The temperature and relative humidity were measured in the circulation air
and inside the product in the wooden bins placed randomly together with the other bins. Signatrol
SL51T ibuttons and EasyLog USB-2-LCD+ dataloggers were used.
2.3
Calculation of cooling demand
A new, more tailored excel-based calculation program has been developed (NLR, SINTEF), and
linked to MET data for outdoor air- and ground (product) temperatures for the various regions. The
respiration energy as function of temperature were included (Hoftun, 1980). The daily rate of
stocking was defined by total storage capacity and expected harvesting period. Removing heat
from the products were linked to the empirical data on measured cooling rate of the root
vegetables. Other factors included were heat through buildings, condensation of moist on
evaporators due to respiration, and air change (to prevent CO2 accumulation).
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3. RESULTS AND DISCUSSION
3.1
Calculation of cooling demand
The respiration energy as function of temperature were included (Fig. 1a). There was not found
any verified data for respiration loss for celeriac (Fig 1b), but the temperature dependent loss is
assumed to be close to the ones for carrot and swede (Fig.1a). Removing the respiration heat is
the most significant factor regarding cooling demand during stocking, closely followed by the
cooling demand to lower the product temperature. The calculated worst-case scenarios resulted in
a designed cooling capacity 20% lower for some regions in Norway, compared with the general
worst-case scenarios used by refrigeration suppliers. The average cooling demand mid-term was
around 10% compared to the stocking period.

	
  

	
  

Figure 1: Respiration energy (1a, left) and respiration loss (1b, right) for carrot, swede,
celeriac
3.2

Principles for air distribution in cold-stores

Between the twenty-eight cold-stores, there were seven different strategies to distribute the air
through and between the bins. The four most used principles are shown in Fig. 2.

	
  
Figure 2: Four most common principles for air distribution in the cold-stores. From left: a) Findus, b)
Grae, c) Trad. air circulation – mid-evaporator and d) Trad. air circulation – rear-evaporator.

The seven different strategies to circulate the air: a) Chimney heat rise (Findus), b) Ceiling suction
(Grae), c) Traditional air circulation, evaporator placed in the ceiling in the mid-part of storage and
distribute air to both sides, d) Traditional air circulation, evaporator placed in the ceiling in the rear
of storage, e) Traditional air circulation, evaporator near floor in the rare of storage and air
distributed by ventilation pipes up and forward, f) Concrete basement of farmhouse, no mechanical
air distribution, g) Suction wall system, fans sucks air through channels in back wall.
Ten cold-stores have installed humidifiers. The two main types installed were high pressure
nozzles (Noz. - atomise small water droplets), and mechanically sprayed evaporator (Evap.- water
vaporized and brought to the circulated air).
3.3

Mapping of existing cold-stores

An overview of the twenty-eight cold-stores are presented in Table 1. From Table 1, the necessary
cooling demand can be found empirically. Enough cooling capacity was judged by the ability to
maintain the circulated air temperature close to set-point during the storage period (Fig. 5-6). It
seems that cold-stores with a cooling capacity less than 0.12 kW/tonnes did not have enough
capacity(-). Between 0.13 and 0.20, it seemed ok(+), and over 0.20 it was more than needed(++).
One exeption was a larger, new system (Inn3/Inn7) with 0.09 which had ok(+) cooling capacity.
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Dir evap., DX

Refrigeration
media

Installed kW
per 100 tonnes

Enough cooling
capacity *3)

Installed kW/tonne

Abs. power, kW at
10°C

kW cooling cap per
tonne product

Energy Efficiency
Ratio (EER)

Mid3

Cooling
capacity, kW *2)

Carrot

Fresh air

Mid2

250 a)

Humidifier

yes

Air circ. System *1)

Carrot

Storage
capacity, tonnes

Plastic liner in bin

Mid1

Producer code

Product

Table 1: Operating and mechanical parameters for the twenty-eight cold-stores.

Noz.

Fan

114*

3.00

0.46

38

0.15

++

15.2 R410a

No

yes 1200 c)

No

Fan

170

4.05

0.14

42

0.04

+

3.5

410a

no

Swede

no

350 e)

Noz.

Slot

62

3.44

0.18

18

0.05

+

5.1

R1234z yes

Mid4

Swede

no

520 a)

No

-

123*

3.00

0.24

41

0.08

++

7.9

410a

no

Mid5

Carrot

4.0

R22

no

yes 1100 c)

No

-

133*

3.00

0.12 44.4 0.04

Mid5b Carrot

yes

345 c)

yes

-

165

3.37

0.48

49

0.14

++

-

Rog1

Carrot

yes

400 d)

No

-

86

3.31

0.22

26

0.07

Rog2

Carrot

yes

350 e)

Noz.

Slot

62

3.44

0.18

18

Rog3

Carrot

yes 1800 d)

no

Fan

166

Rog4

Swede

yes

330 d)

no

-

Rog5

Swede

no

360 d)

no

Inn1

Carrot

no

500 a)

no

Inn2

Carrot

yes

800 d)

Inn3

Carrot

yes 3050 c)

Inn4

Swede

no

Inn5

Swede

Inn6

14.2 R134a

yes

?

6.5

R22

yes

0.05

+

5.1

R1234z yes

3.29

0.09 50.4 0.03

-

2.8

CO2

yes

32

2.42

0.10 13.2 0.04

?

4.0

507a

yes

-

90

2.81

0.25

32

0.09

++

8.9

401a

yes

Slot

57

2.71

0.11

21

0.04

-

4.2

R407c

no

Noz.

-

243*

3.00

0.30

81

0.10

++

10.1 R134a

yes

Noz.

Slot

265

4.05

0.09 65.5 0.02

+

2.1

R1270

no

80 f)

no

Gate

Air

-

-

no

180 a)

no

Fan

Air

- .

- .

Swede

no

300 b)

Evap. Fan

20

3.64

0.07

Inn7*

Swede

no

3050 c)

Noz.

Slot

265

Inn8

Swede

no

200 d)

Noz.

-

Osl1

Carrot

yes 2700 c)

no

Osl2

Carrot

yes

110 c)

Osl3

Carrot

yes

350 d)

Osl4

Swede

no

Osl5

Swede

Osl6

Swede

-

0.00

0.0

-

0.00

0.0

5.5

0.02

-

1.8

R404a

yes

4.05

0.09 65.5 0.02

+

2.1

R1270

no

30*

3.00

0.15 12.6 0.06

+

R22

yes

Fan

474*

3.00

0.18

158 0.06

+

5.9

R507a

no

no

-

66*

3.00

0.60

22

0.20

?

20.0 R22

yes

no

-

50*

3.00

0.14 16.5 0.05

+

4.7

yes

700 c)

no

-

200

2.82

0.29

71

0.10

++

10.1 R134a

no

no

400 a)

no

Slot

126*

3.00

0.32

42

0.11

++

10.5 R407a

no

no

220 d)

no

-

50

3.33

0.23

15

0.07

?

6.8

CO2

yes

Osl7

Celeriac no

300 g)

Evap. Slot

60*

3.00

0.20

20

0.07

+

6.7

134a

yes

Osl8

Celeriac no

360 a)

no

-

114*

3.00

0.32

38

0.11

?

10.6 R410a

no

Osl9

Celeriac no

225 d)

no

Slot

77*

3.00

0.34 25.6 0.11

++

11.4 R404a

yes

R22

Osl10 Celeriac no
50 b)
Evap. Fan 8,4* 3.00 0.17 2.8 0.06
? . 5.6 134a
yes
*1) Air circulation system refers to the listed air distribution principles in 3.2. *2) The cooling capacities
marked with * are unknown, but calculated by an energy efficiency ratio (EFR) of 3.0. *3) Sufficient cooling
capacity was judged by the ability to maintain the circulation air temperature close to set-point during the
stocking period, (-) Not enough, (+) ok, and (++) more than enough. Inn7* - same refrigeration system as
Inn3, but different room/cooling cell.

As mentioned, many synthetic refrigerants have high global warming potential, and the GWP
values in Table 2 refered to kg CO2-eqv. per kg gas (over 100 years). Only 5 of the 26 cold-stores
with refrigeration systems contain refrigerants suited for the future. It could be risky to postpone a
change to climate friendly refrigeration units, and hope there is no leakage. During season 1,
eleven cold-stores and in season 2, seven cold-stores had a breake-down influencing the product
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temperature. It will be necesseary for the industry to plan a significant reinvestment in new
environmental friendly systems in the years to come.
Table 2. Refrigeraion media in the mapped cold-stores

Producer
Rog4, Osl1
Inn6, Osl9
Mid1, Mid2, Mid4, Osl8
Inn1, Osl5
Mid5b, Inn2, Osl4, Osl7, Osl10
Rog5
Mid5, Rog1, Inn8, Osl2, Osl3
Mid3, Rog2
Inn3 = Inn7
Rog3, Osl6
	
  
3.4

Refrig. media
R507a
R404a
R410a
R407a
R134a
R401a
R22
R1234ze
R1270
CO2/R744

GWP
3985
3922
2088
2107
1430
1182
1810
7
2
1

Year of phase-out (EU)
2020
2020
2022
2022
2025
Not allowed, O3
Not allowed, O3

Outdoor climate correlated with cold-store air

The storage air parameters (temperature and relative humidity) in cold-stores with no humidifiers
are presented in Fig. 3 and correlated with average outdoor air for the regions Mid, Osl, Inn and
Rog.	
  The weather varies among the regions, and the ambient air influences the indoor storage air
parameters negatively for the stores without humidifiers. The indoor air tended to have parameters
closer to the ambient air. It is most essential to manipulate the storage air by adding moist
mechanically in regions with higher winter temperatures (coastal regions in Norway). This was
opposite of what might be expected regarding the facts that the relative humidity in the ambient air
increases when entering the cold-store (Fig. 4b). The higher ambient temperature increased the
time for the refrigeration system to run, and more water from the air condensate on the
evaporators.

	
  	
  
Figure 3: Air temperature and relative humidity in cold-store without humidifiers, correlated to
ambient air. Each dot in the figure represents one store, and S1 and S2 refers to season one and two.
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Fig. 4a shows that the ten cold-stores with humidifiers had significant higher relative humidity than
most of the cold-stores without humidifiers. Swede and celeriac are normally stored without plastic
liners inside the wooden bins and are more exposed for dehydration. Carrot is mostly stored with
plastic liners with small holes and is not affected much by lower humidity in the air.

	
  
Figure 4: Relative humidity in cold-stores with humidifiers is higher and more stable than without
(Fig. 4a-left). Refrigerated air in correlation with ambient air in Mollier diagram (Fig. 4b-right).

3.5

Mapping of cold-store air temperature and relative humidity

The circulation cold-store air and the product temperature (inside the bins) were measured during
two storage seasons. The weekly average temperatures are shown in Fig. 5-12.

	
  
Figure 5: Air temperature during storage in 28 cold-stores season 1, all producers
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Figure 6: Air temperature during storage in 28 cold-stores season 2, all producers

3.6 Mapping of product temperature during storage

	
  
Figure 7: Carrot, season 1: Product temperature (inside bins) during storage

	
  
Figure 8: Carrot, season 2: Product temperature (inside bins) during storage.
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Figure 9: Swede, season 1: Product temperature (inside bins) during storage.

	
  
Figure 10: Swede, season 2: Product temperature (inside bins) during storage.

	
  
Figure 11: Celeriac, season 1: Product temperature (inside bins) during storage.
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Figure 12: Celeriac, season 2: Product temperature (inside bins) during storage.

As seen in Fig. 1b, the respiration loss due to conversion of sugar and O2 to CO2 and H2O was
very dependent on the product temperature. The influence of temperature over time is essential
because the storage-life will dramatically reduce when the loss of weight from respiration is
between 20-25 g per kg product (Hoftun, 1980). The products accumulated day-degree (average
product temperature per day over x days) is presented in Fig. 13, together with the limits where the
expected loss of 20-25g/kg occurs. There was an increase in storage-life from 15 to 30 weeks if
the average product temperature was 1°C instead of 6°C. The average day-degree (red curve) for
all products showed an expected storage-life of 18.5-24 weeks. If the cold-stores with the 50%
highest product temperature lower their product temperature equal to the 50% with the lowest
temperature (green curve), it is expected that the storage-life will increases to 21-27 weeks. The
development of disease in the various cold-stores related to the storage parameters will be
presented in a separate article.

	
  
Figure 13: Accumulated day-degrees influenced the expected shelf-life of the products.

3.6

Weight loss related to temperature and relative humidity.

It was expected that the weight loss would increase when the relative humidity was low in the coldstores, but as seen from Fig. 14, this was not detected. The reason for this could be that the nets
were placed in the core of the bins where the relative humidity was close to 100% during the whole
storage period.

	
  
Figure 14: Weight loss of product related to relative humidity in the cold-store during storage.

There was a difference in the weight loss for the three products between the two seasons. It was
not possible to conclude the reason for this, other than that the climate was different between
these two seasons.
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Figure 15: Weight loss of product related to product temperature during storage.

When the weight loss was correlated with average product temperature, there was a tendency that
the weight loss increased when the temperature increased at least in season1 for Swede and
Celeriac (Fig. 15). As mentioned, the analysed nets were placed inside the bins, so the circulating
air did not have much influence. The increased weight loss was therefor likely due to increased
respiration loss caused by increased temperature. As mentioned, studies have shown that storage
conditions may play a significant role in creating conditions suitable for latent infections to develop
and spread within the bins and packing houses.

4. CONCLUSION
Twenty-eight different commercial cold-stores for carrot, swede and celeriac located in four regions
in Norway were studied regarding energy and quality aspects. The climate variation between the
regions affected the indoor refrigerated air in cold-stores without humidifiers. Unsuitable storage
condition negatively affects the respiration and quality of the root vegetables and storage-life, and
influenced on the cooling capacity of the refrigeration systems. Quality of the products reflects on
the storage parameters but is mostly related to disease brought into the storage with the products
from the fields.
There was no difference in product temperature between the seven different principle of air
distribution in the cold-stores, except for the Chimney heat rise (Findus) stored with carrot. A very
limited amount of circulated air in this system affect the ability to remove the respiration heat. The
Grae-principle is only suited in areas with very cold climate, because the storage air is sucked out
to maintain negative pressure in the storage room.
The level of optimization and energy reduction of the existing refrigeration systems must affect the
fact that there is a huge variation in age, cooling capacity and services between the systems. The
cooling demand is highly variable during the season, and many systems do not have good
regulation. Optimization must be done individually with various initiatives for each producer. A
general way to improve the systems is to reduce the cooling capacity by energy storage.
Respiration is the most significant factor regarding cooling demand, close to lowering the product
temperature. The calculated worst-case scenarios resulted in a designed cooling capacity 20%
lower for some regions in Norway, compared with the general worst-case scenarios used by
refrigeration suppliers.
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ABSTRACT
In this paper, the effect of supercooling-freezing (freezing via supercooling) on ice crystal
recrystallization in tofu (soybean curd) during frozen storage was investigated. The ice crystal growth
rate by recrystallization depends on the storage temperature; however, there is an assumption that
the size of ice crystals influences the ice crystal growth rate, and the assumption was investigated.
Using a conventional freezing method, the ice crystal size of surface and center of food tends to be
different. In contrast, supercooling-freezing is known to form minute and nearly uniform ice crystals
in food. Each sample was frozen by rapid freezing(R), supercooling-rapid freezing (SR), and
supercooling-slow freezing (SS) to observe the difference of ice crystals growth. The samples were
preserved for up to 1 month at several temperatures. From the X-ray CT images, characteristics of
ice crystals were observed, and the growth rate of ice crystal was calculated for each freezing
method.
Keywords: Frozen Storage, Frozen Food, Freezing, Ice Crystal, Recrystallization, Supercooling.

1. INTRODUCTION
Frozen storage is especially important technology for preserving food that only the technology can
preserve raw food as it is for a long time. However, even during frozen storage ice crystals continue
to grow, damage the tissues and degrade food quality. In the growth process of this ice crystal, a lot
of small ice crystals particles migrate to few numbers of large ice crystals particles and are
assimilated, and the number of larger ice crystals particles increase, which is called recrystallization
(Hagiwara, 2018). Recrystallization of ice crystals in food progresses gradually over time. Therefore,
it is one of the main problems in the storage process and distribution process of frozen food where
temperature change is likely to occur (Hagiwara, 2010). Although recrystallization can be delayed
by lowering the temperature, it is concerned that lowering of the temperature raises operational cost
of the refrigerator, waste of energy, environmental issues. From these facts, recrystallization has
been regarded as one of the difficult problems to solve. In frozen storage, it is considered that
passing rapidly through the zone of maximum ice crystal formation temperature is effective for
maintaining the quality of food, so rapid freezing has been used in various situations. However, since
the object was frozen from the surface by rapid freezing, the size of ice crystals generated in the
object differs between the center and the surface, which causes recrystallization. Supercooling
freezing is a new freezing method which has been studied in recent years and it is reported that fine
ice crystals of uniform size are generated simultaneously in the whole of the object after releasing
the supercooled state (Kobayashi et al. 2014). Additionally, it is considered that there is little effect
on ice crystals by changing freezing rate after supercooling is released. According to the result of
preserving tofu stored at -30 ° C after supercooling-freezing for a maximum of 28 days, it has been
experimentally shown that the influence of recrystallization is smaller than that of tofu kept for the
same day after rapid freezing (Kobayashi et al, 2018). From these previous studies, it is predicted
that supercooled frozen foods are slower to grow ice crystals than rapidly frozen foods and foods
can be stored for a long time at a higher temperature and it is studied in this paper. For the
experimental sample, tofu (soy bean curd) was used, which is made of protein, has a large moisture
content of 89.4% (Makiuchi et al, 2014), due to easy to confirm the difference in structure frozen by
supercooling freezing. Since tofu has no cell structure, the tissue structure is less complicated than
other foods (vegetables, fish and meat), and various enzymes are inactivated by heat, and there is
no influence of the enzyme. In this study, for the purpose of verification of recrystallization after
supercooling freezing, it was observed the ice crystals by the X-ray CT image after storage of tofu
subjected to supercooling freezing and rapid freezing, and the growth rate of ice crystals was
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calculated. In addition, it was examined that whether the freezing method after supercooling affects
the structure of ice crystals.

2. MATERIAL AND METHOD
2.1.

Sample Preparation

A commercial tofu (“Kinugoshi-tofu”, MORINAGA MILK INDUSTRY Co., Ltd., Japan) was cut into a
cylinder (diameter 2cm, height 2cm) by a cork borer. The moisture on the surface of tofu was wiped
off with a paper towel and wrapped with a polyethylene film to prevent drying. Then, a T type
thermocouple of 0.254 mm diameter was inserted into the surface and center of the sample for
temperature measurement. Temperature was measured with a data logger (HIOKI LR8431
MEMORY HILOGGER, HIOKI Co., Ltd., Japan).
2.2 .
Freezing Method
The sample was placed in a stocker (VT-78, NIHON FREEZER Co., Ltd., Japan) at an ambient
temperature of -80 ° C and frozen. After the sample was reached at -50 ° C, it was moved and stored.
This frozen sample was taken as a rapid freezing (R) sample. The supercooling-rapid freezing (SR)
sample was placed in an incubator (FMU-0541, FUKUSHIMA INDUSTRY Co., Ltd., Japan) at an
ambient temperature of -10 ° C, and after supercooling state was released, it was placed in the
stocker of -80 ° C until the temperature of sample was reached at -50° C. Then, the sample was
moved and stored. The supercooling-slow freezing (SS) sample was placed in an incubator at an
ambient temperature of -10 ° C, and after supercooling state was released, it was placed in deep
freezer (SC-DF25, Twinbird Electrical Appliance Co., Ltd., Japan) with -10° C. After the sample
temperature was reached at -5° C, the sample was moved to the stocker of -80 ° C and placed until
the temperature reached at -50° C. Then, the sample was stored. The freezing curve of samples
was shown in Fig. 1. The degree of supercooling for (SR) and (SS) samples were controlled to be
always identical about -6° C. The storage time was divided into 3 categories of one week, two weeks,
and one month. The storage temperatures were 3 categories of -10° C, -20° C, and -30° C.
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Figure 1: Freezing curve of samples by various freezing method
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2.3.

Freeze-Dried Sample Preparation

In freeze-drying, moisture sublimes in the place where ice crystals existed, and only the tissue
remains, therefore it is suitable for observation of ice crystals growth (Okawa et al., 2017). The
sample after storage was cut in a cuboid with an electric saw. The cuboid sample was placed on a
stainless steel tray at -40 ° C to stabilize the tissue structure of samples, and then freeze-dried by
using a freeze dryer (RLE-52, Kyowa Vacuum Technology Co., Ltd., Japan).
2.4.

Observation and Evaluation of ice crystals using X-ray CT

The size of ice crystals was evaluated by using X-ray CT. The sample after freeze-dried was taken
CT image with 3.5 μm/pixels using an X-ray micro CT scanner (SkyScan1172-MS, BRUKER
MICROCT). The X-ray source was 60 kV, 100 μA, scanning step 0.4°, 180° rotation. After taking CT
images, reconstruction of the images was performed using a software (NRecon, BRUKER
MICROCT Corp., USA), then image was analysed using a software (CTAn, BRUKER MICROCT
Corp. USA) and growth of ice crystals was observed. The morphology of ice crystals is complex and
difficult to quantify; thus, structure separation was used. Structure separation shows the thickness
of the spaces of the CT image, so that it shows the thickness of the ice crystal of the sample. The
thickness of the structure is measured from the distance until it touches with the structure by
spreading the concentric spheres from each voxel constituting the pore structure. Using this structure
separation value, the growth of ice crystals was analysed.

3. RESULT AND DISCUSSION
The CT images of tofu frozen by different freezing method were shown in Fig. 2. From Fig. 2, it was
shown that the shape of ice crystals formed by each freezing method was clearly different. It is shown
that (R) had columnar ice crystal, (SR) had fine spherical ice crystal, and (SS) had large spherical
ice crystals. Additionally, the ice crystals generated in (SR) seem to be the smallest from the CT
image. Due to the shapes of ice crystals were different by freezing method, the graph of distribution
of percent volume in structure separation (Fig. 3) was made to compare the size of ice crystal
generated in samples. In Fig. 3, It was shown that the distribution of structure separation of (SS) was
broader than other freezing method and the shape of peak was different from the others. From this
result, it was considered that the ice crystal generated in (SS) samples grew by slow freezing after
supercooling state was released. Distribution of percent volume in structure separation of -10 °C
sample frozen by different freezing methods was shown in Fig. 4. From this graph, it was shown that
the peak of structure separation distribution moved with storage time. As shown in Fig. 4, since the
distribution was changed, the change rate of ice distribution was calculated.

Figure 2: The 3D images of structure of tofu (2.5×2.5×2.5mm) by
(a) Rapid freezing; (b)Supercooling-Rapid freezing; (c) Supercooling-Slow freezing
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Figure 3: Distribution of percent volume in structure thickness of 1week stored sample at
(a)-10°C; (b) -20°C; (c) -30°C
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In order to calculate the change rate of distribution, it is necessary to express the distribution of the
structure separation by one value. To express it by one value, the weighted arithmetic mean of
structure separation was calculated as its index. The result of this calculation is shown in Fig. 5.
Each point in this figure shows the value representing the distribution, and the change over time
(week) for each freezing method is shown. From this figure, it is found that each value is increased
for each elapsed time. When an approximate straight line is drawn about these values, the gradient
of line represents the rate of change. The gradient of approximation straight line of the weighted
average graph was taken as the change rate and was considered the rate of ice crystal growth due
to recrystallization. The value obtained for various conditions of freezing method and storage
temperature were shown by a bar graph as seen in Fig. 6. From Fig. 6, it was shown that the growth
rate of (R) and (SR) has similar trend. Since the tendency of ice crystal growth at -20 ° C sample
was not good compared with other samples, it must be verified again. Additionally, it was shown
that the ice crystal growth rate of (SS) was twice or more as compared with the others. Therefore, it
was assumed that the freezing rate after supercooling state released affects the growth of ice
crystals.
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Figure 5: The change of weighted arithmetic mean of structure separation for
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4. CONCLUSION
The size and shape of ice crystal generated in tofu is depending on the freezing method. However,
the shape of ice crystal in samples that once supercooled kept spherical shape after releasing
supercooling state. It was also found that the size and structure separation distribution of ice crystals
produced by (SR) and (SS) were completely different even though the sample was supercooled the
same degree of supercooling. The shape of ice crystals generated by (R) and (SR) were different.
However, the volume percent distribution of structural separation for (R) and (SR) samples shows
similar trend. Therefore, new indicator is needed to evaluate the difference between the shape of
(R) and (SR) ice crystals. In addition, since the growth rates of ice crystal between (R) and (SR)
samples was about the same value at one month's storage at -30 ° C, longer storage samples need
to be analysed.
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ABSTRACT
In cases of garlic stems, during ice-temperature storage (0 °C) with precooling air velocities of 1.0
m/s, 1.5 m/s and 2 m/s, the variations of fractal parameters such as pore fractal dimension, porosity,
tortuosity and tortuous fractal dimension were studied. The results showed that the selection of
precooling air speed plays a major role in maintaining the moisture contained in garlic stems after
harvest. Compared with precooling air velocities of 1.5 m/s and 2.0 m/s, the precooling air velocity
of 1.0 m/s has more significant impact on the porosity, the tortuosity and the tortuous fractal
dimension in the cells microstructure. Cells at the epidermis were more affected than cells at the 1/2
radius and the center. Meanwhile, there is a significant two-dimensional linear correlation among the
average tortuosity, porosity and tortuous fractal dimension in the three conditions during icetemperature storage. The two-dimensional correlation coefficients under the precooling treatment of
1.0 m/s is the largest among the three air velocities.
Keywords: Precooling, Bioproduct tissue, Microstructure, Fractal analysis.

1. INTRODUCTION
The daily intake of fresh fruits and vegetables has been used by the World Health Organization
(WHO) as an important indicator to measure the health of people in a certain area. The porous media
composed of the solid skeleton and the fluid is the material basis of the earth biosphere and the form
of microstructure of fruits and vegetables. Currently, research methods for controlling water loss in
fruits and vegetables mainly focus on the application, such as light irradiation, vacuum packaging
and drug application. These are mainly based on the application level research, and there is the
absence of research on the mechanism of water loss and the effect of water migration on the
structure of the porous microstructure system. In addition, there are few research results in the field
of plant microstructural changes in the process of adapting to change the environment. And the water
content in fruit and vegetables is an important element in determining its quality. Currently, various
new refrigeration technologies play a major role in preserving fresh water through the action of the
water, to study the evolution of porous microstructure, the change of material specific gravity and
the transformation of life characteristics in the microstructural system of fruits and vegetables during
storage. This research expands the knowledge of fruits and vegetables preservation technologies,
and has significant practical guidance for the application of rich fractal theory and its methods in the
field of bioproducts preservation.

2. MATERIALS AND METHODS
This experiment used differential pressure precooling and ice temperature storage, whilst the fractal
theory was used to determine the evolution of porous microstructure of fruits and vegetables, and
the correlation analysis method was combined to explore the relationship between four parameters
of microstructure, and summarizes the influence of different cold air speeds on porous microstructure
under weak pressure difference. The garlic stalks in the experiment were collected from the Henan
Zhongmu (Henan province) and transported to the Tianjin University of Commerce Engineering
Center for differential pressure precooling within 24 hours after purchase. The garlic stems stalks
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were selected with a moderate maturity, no pests and diseases, no mechanical damage, uniform
thickness of the stalks and a length of 35 cm or more.
In contrast to the different precooling air speeds, the test pressure of precooling speeds of the Testo
425 (Testo AG Co., Ltd) was set to 1.0 m/s, 1.5 m/s and 2.0 m/s, respectively. The garlic stalk was
precooled to 4 °C. The garlic stalks were positioned in an air-conditioned fresh-keeping bag and
placed in an ice temperature store (Daqing Industry Co., Ltd). The relative humidity of the ice
temperature library was 85%, and the temperature was 0 °C. The entire experimental storage period
was 135 days. Garlic samples were obtained from the MX100 data collector (Yokogawa Electric
Corporation) every 15 days before and after precooling and storage for microscopic image
observation and pore fractal dimension, porosity, average tortuosity and tortuous fractal dimension
determination. The microscopic images obtained in this experiment were converted into binary
images thanks to Adobe Photoshop and Matlab software (Fig. 1) and used for structural parameter
calculations.

(a) Microscopic image
(b) Binary image
Figure 1: Conversion of microscopic image (a) into binary image (b)

2.1.

Changes in garlic stalks with precooling time under different precooling air speeds

The precooling supply air temperature is determined according to the storage temperature of fruits
and vegetables. To reflect the actual effect of precooling and to exclude the influence of different
cold air temperatures on the precooling time of different fruits and vegetables, this paper used 4/5
cooling time to measure the cooling effect, and its mathematical expression is shown in Eq. (1):

T − Tf

T0 − T f

=

1
5

Eq. (1)

Where T is the temperature of fruits and vegetables in °C, 𝑇𝑓 is cold air temperature in °C and 𝑇0 is
the initial temperature of fruits and vegetables in °C. In this test, the average initial temperature of
garlic stalks was 22 °C, and the average temperature of cold air was 2 °C. Therefore, the 4/5 cooling
time of garlic stalks was the time corresponding to the temperature of garlic stalks reduced to 6 °C.
For each air speed, the average value of 36 measuring points at the same time (i) is taken as the
temperature value 𝑇𝑖 (i = 0, 5, 10, ..., 130) at that time in the working condition, and the temperature
is different under different precooling air speeds. Fig. 2 shows the relationship among temperature
change with precooling time under different precooling air speeds. It also shows that at three different
air speeds, the temperature cooling rate of garlic stalks decreases as the cooling time increases (the
heat transfer process of differential pressure precooling includes heat conduction and convection,
where convection plays a leading role). As the air supply speed increases, the cooling rate increases
(the air supply speed increases, the turbulence effect of the cold air is strengthened, and the
convection effect is enhanced, and the temperature drop rate is increased), from 1.5 m/s to 2.0 m/s.
The cooling rate is significantly improved, but the cooling rate is not significantly improved from 1.0
m/s to 1.5 m/s. The cooling time is a function of air speed. Indeed, when the air speed is not too low,
the increase of air speed has a greater impact on the cooling time of garlic. Therefore, combined
with the cooling time and the energy consumption of the fan, the garlic tunnel type differential
pressure precooling can preferentially select the air supply speed of about 2.0 m/s.
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Figure 2: Evolution of garlic temperature as a function of precooling time under different precooling
air speeds

2.2.

Calculation Methods of Parameters

2.2.1. Pore fractal dimension
In the self-similar range, based on the fractal capillary beam and using the box-counting dimension
method, the pore fractal dimension is expressed as follows:
D f = lim

 / max → 0

ln N (  )
1
ln
 / max

Eq. (2)

Where 𝐷𝑓 is the pore fractal dimension; N(≥ λ) is the cumulative number of porosity greater than
λ(μm); 𝜆𝑚𝑎𝑥 is the maximum void fraction size in μm.
2.2.2. Porosity
Using the surface porosity as the porosity of the image, the porosity is expressed as follows:

=

A1
A0

Eq. (3)

Where ε is the porosity; 𝐴1 is the total area of the voids in the image in μm2 ; 𝐴0 is the total area of
the image in μm2 .
2.2.3. Tortuosity
The ratio of the length of the fluid flow line to the length of the medium characteristic is defined as
the degree of tortuosity τ, in the fractal capillary beam model the average tortuosity is expressed as
follows:



1 1
 av = 1 + 1 −  + 1 − 
2 2



2
 1
 1 
− 1 +

 1− 
 4

1− 1− 




Eq. (4)

Where 𝜏𝑎𝑣 is the average tortuosity.
2.2.4. Tortuous fractal dimension
In the fractal capillary beam model, considering the relationship between the average pore diameter
𝜆𝑎𝑣 (μm) and the maximum pore diameter 𝜆𝑚𝑎𝑥 (μm), and combining with the characteristic length
𝐿0 (μm) of the medium. Therefore, the tortuous fractal dimension is expressed as follows:
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DT = 1 +

4ln  av
 (4 − D f ) D f (1 −  )2
2

ln

Eq. (5)

16(2 − D f )2  2

Where 𝐷𝑇 is a distorted fractal dimension.

3. RESULTS AND DISCUSSION
3.1.

Pore Fractal Dimension

Fig. 3 shows the variations of pore fractal dimension with storage time for three precooling air
speeds. At different radius positions for the same air speed, the pore fractal dimension presents an
overall trend for the extension of storage time: in the early and the late stages, the fractal dimension
develops gently, but in the middle stage, the fractal dimension first rises and then falls. However,
pore fractal dimension values in the epidermis were slightly different under different air speeds.
Meanwhile, the numerical difference during the whole storage period is significantly larger than the
other two air speeds under the condition of precooling air speed of 1.0 m/s. When the precooling air
speed is 1.5 m/s and 2 m/s, there is no significant difference in the variation trend of pore fractal
dimension between the 1/2 radius and the central radius. Under the condition of precooling air speed
of 1.0 m/s, the pore fractal dimension of the 1/2 radius and the central radius in the end of storage
is always significantly lower than the other two conditions. It can be seen that under the three different
precooling air speeds, the cell gap distribution at the 1/2 radius and the central radius is similar in
complexity, which indirectly reflects the similar complexity of the individual cell distribution, and under
the 1.0 m/s precooling air speed, the complexity of the skin is significantly higher than the other two
precooling air speeds.
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Figure 3: Variations of pore fractal dimension with storage time for three precooling air speeds

3.2.

Porosity

Fig. 4 shows the variations of the porosity with storage time for three precooling air speeds. It can
be observed that the porosity changes with storage time under the same air speed at different radial
positions are similar. With the extension of storage time, the porosity generally decreases in the early
stage, the slight fluctuation in the medium stage and the slow rise in the late stage. When the
precooling air speed is 1.5 m/s and 2.0 m/s, the overall value of porosity is the largest at the center
radius, the second largest at the 1/2 radius, and the smallest at the skin. But when the precooling air
speed is 1.0 m/s, the overall value of porosity is the largest at the epidermis, the second at the center,
and the smallest at the 1/2 radius. According to the experimental results, it is speculated that the
different precooling air speeds lead to different precooling time, which causes the difference in the
numerical values of the porosity under the corresponding air speeds. In other words, the precooling
time has a great influence on the internal volume ratio of the intercellular space inside the garlic
stalks, but the precooling time has little effect on the overall change trend during storage.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3088

0.28

0.24

0.24

0.20

0.20

0.20

0.16
0.12
0.08

skin
1/2 radius
center

0.04
0.00

0

20

40

60

80

100 120 140

Porosity

0.28

0.24

Porosity

Porosity

0.28

0.16
0.12

skin
1/2 radius
center

0.08
0.04
0.00

Storage time/d

0.16
0.12

0.04
0.00

0

20

40

60

80

100

120

skin
1/2 radius
center

0.08

140

0

20

40

60

80

100

120

140

Storage time/d

Storage time/d

(a) Precooling air speed of
(b) Precooling air speed of
(c) Precooling air speed of
1.0 m/s
1.5 m/s
2.0 m/s
Figure 4: Variations of porosity with storage time for three precooling air speeds

3.3.

Tortuosity

Fig. 5 shows the variations of the average tortuosity changes with storage time for three precooling
air speeds. At different radial positions under the same air speed, the average tortuosity presented
as a whole with the extension of storage time: the trend of obvious increase in the early stage, gentle
fluctuation in the middle stage and slow increase in the late stage, when the precooling air speed is
1.5 m/s and 2.0 m/s. The average tortuosity value of the epidermis is significantly higher than the
1/2 radius and the central radius during the whole storage period (P<0.05). And to the end of storage,
there is no significant difference between the three precooling air speeds; and at the precooling air
speed of 1.0 m/s, the average tortuosity value at the end of storage is always significantly lower than
the value at 1/2 radius and central radius. It can be observed that the variation of the degree of
curvature of the intercellular space at different positions inside the garlic stems stalk precooled by
1.5 m/s or 2.0 m/s air speed is similar to the direct storage treatment. In other words, the two air
speeds are less affected, and precooling treatment of 1.0 m/s air speed has a significant influence
on the variation of the internal bending degree of the garlic stems.
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Figure 5: Variations of average tortuosity with storage time for three precooling air speeds

3.4.

Tortuous Fractal Dimension

Fig. 6 shows the variation of the tortuous fractal dimension with storage time. From the Fig. 5, it can
be found that the overall change trend of tortuous fractal dimension is consistent with the extension
of storage time at different radii under the same working condition: it increases rapidly in the early
stage, develops gently in the middle stage, and decreases slowly in the late stage. When the
precooling air speed is 1.5 m/s and 2 m/s, there is no significant difference between the 1/2 radius
and the central radius in the middle of storage. But there is a significant difference between the two
in the late stage due to the difference in the rate of decline, to the end of storage, and both are
smaller than the value of the epidermis. However, when the precooling air speed is 1.0 m/s, the
values at the 1/2 radius are not significantly different during the entire storage period, and the values
are basically the same at the three different radii in the end of storage. It can be seen that different
from the precooling air speed of 1.0 m/s, the complexity of water migration channels formed by
intercellular space at different positions in the garlic bolts treated with other two air speeds changes
similarly.
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3.5.

Parameter Correlations

The Pearson correlation coefficient R is used to identify the linear correlation degree and related
direction between each structural parameter and the fractal parameter. The measured values are
given in Table 2, 3 and 4. There was a major negative correlation between the average tortuosity
and its corresponding porosity under three conditions during ice-temperature storage. It shows that
when other microstructural parameters are constant, the porosity is larger, and the corresponding
degree of bending of the internal fluid passage of the corresponding garlic stems itself is smaller,
among them the change of porosity under the condition of precooling air speed of 1.0 m/s has the
greatest influence on average tortuosity values. At the same time, the tortuous fractal dimension of
the distortion is also significantly negatively correlated with its corresponding porosity, which shows
that the greater the porosity during ice-temperature storage, the smaller the complexity of the internal
fluid flow line bending of the corresponding garlic stems itself, and among them the change of
porosity under the precooling air speed of 1.0 m/s has the greatest influence on the value of the
tortuous fractal dimension. It can be observed that the average tortuosity during ice-temperature
storage is consistent with the variation of the tortuous fractal dimension of the distortion. At the same
time, Table 2, 3 and 4 also show that there is a significant positive correlation between the tortuous
fractal dimension and its corresponding average tortuous under the three conditions, and among
them, the average tortuosity variation under the precooling air speed of 1.0 m/s has the greatest
influence on the value of the tortuous fractal dimension, which qualitatively illustrates the consistency
of the two. When the precooling air speed is 1.5 m/s and 2 m/s during ice-temperature storage, there
is a significant negative correlation between tortuous fractal dimension of the warp and its
corresponding pore fractal dimension. But when the precooling air speed is 1.0 m/s, the correlation
between the two phenomena is not significant. Pore fractal dimension was negatively and positively
correlated with average tortuosity and porosity, respectively, and the relationship was significant
under 1.5 m/s precooling air speed. This could be because the precooling treatment of 1.0 m/s air
speed has obvious influence on the change of the complexity of water migration channel and the
pore fractal dimension values at the epidermis were at the highest level as a whole when the
precooling air speed was 1.0 m/s during the whole storage period.
Table 2. Correlation between structural parameters and fractal parameters for a precooling air
speed of 1.0m/s

Margin Position
Pore fractal
dimension
Porosity
Average
tortuosity
Tortuous fractal
dimension

Pore fractal
dimension

Porosity

Average
tortuosity

Tortuous fractal
dimension

1

0.502

-0.502

-0.509

0.502

1

-0.998**

-0.894**

-0.502

-0.998**

1

0.896**

-0.509

-0.894**

0.896**

1

**. There was a significant correlation at the 0.01 level (bilateral); *. There was a significant correlation at
the 0.05 level (bilateral).
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Table 3. Correlation between structural parameters and fractal parameters for a precooling air
speed of 1.5m/s

Margin Position
Pore fractal
dimension
Porosity
Average
tortuosity
Tortuous fractal
dimension

Pore fractal
dimension

Porosity

Average
tortuosity

Tortuous fractal
dimension

1

0.834**

-0.711*

-0.796**

0.834**

1

-0.922**

-0.889**

-0.711*

-0.922**

1

0.816**

-0.796**

-0.889**

0.816**

1

**. There was a significant correlation at the 0.01 level (bilateral); *. There was a significant correlation at
the 0.05 level (bilateral).
Table 4. Correlation between structural parameters and fractal parameters for a precooling air
speed of 2.0m/s

Margin Position
Pore fractal
dimension
Porosity
Average
tortuosity
Tortuous fractal
dimension

Pore fractal
dimension

Porosity

Average
tortuosity

Tortuous fractal
dimension

1

0.601

-0.559

-0.757**

0.601

1

-0.942**

-0.634*

-0.559

-0.942**

1

0.710*

-0.757**

-0.634*

0.710*

1

**. There was a significant correlation at the 0.01 level (bilateral); *. There was a significant correlation at
the 0.05 level (bilateral).

4. CONCLUSIONS
Through the experimental study on garlic stems structure under weak potential difference, the
variation of fractal dimension, porosity, average tortuosity and tortuous fractal dimension of garlic
stems in three different precooling air speeds was explored, and the following conclusions can be
drawn: it is found that the selection of precooling air speed plays an important role in maintaining the
quality of post-harvest garlic stems life through experimental research. Because the suitable
precooling air speed can maintain the life quality of the harvesting vegetables and reduce the loss
during storage. Compared with the precooling air speed of 1.5 m/s and 2.0 m/s, the changes of pore
fractal dimension, porosity, average tortuosity and tortuous fractal dimension at different radii of plant
microstructure were significantly affected by the precooling air speed of 1.0 m/s, and cells at the
epidermis were more affected than cells at the 1/2 radius and the center radius. There is a significant
linear correlation between porosity, average tortuosity and tortuous fractal dimension, respectively.
The correlation between the two is the largest when the precooling air speed is 1.0 m/s.

NOMENCLATURE
𝐴0
T
𝑇0

μm2 )

total area of the image (
𝐴1
temperature of fruit and vegetables
𝑇𝑓
(℃)
initial temperature of fruit and
𝜆𝑚𝑎𝑥
vegetables (℃)

total area of the voids in the image (μm2 )
cold air temperature (℃)
maximum void fraction size (μm)
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ABSTRACT
Pre-cooling is a vital process for the horticultural cool chain, reducing produce to storage
temperature quickly and efficiently. Capturing the ‘true’ temporal and spatial cooling rates in
pre-coolers is prohibitively expensive in terms of time and resources due to their large size,
resulting in a worrying trend where small sample sizes are taken as representative of the entire
process; and no experimental repetitions eliminates information on the bounds of experimental
uncertainty. This study starts to address these concerns by repeating a large scale
experimental pre-cooling set up five times – pallets of polylined Hayward kiwifruit (Actinidia
deliciosa) cooled in laboratory conditions, with a large number of temperature probes.
Variability between trials for an entire pallet was ±16%, and variability of observed HCT on an
individual box scale was ±21%. A substantial portion of this variability (7%) could be attributed
solely to a ±0.5 °C error in thermocouple accuracy.
Keywords: Chilling, Fruit, Modelling, Packaging.

1. INTRODUCTION
A vital component to the horticultural cool-chain is pre-cooling, a dedicated process designed
to quickly and efficiently reduce the temperature of fruits and vegetables from their field to
storage temperature (Boyette et al., 1989). The most common horticultural pre-cooling
process is forced-air cooling, where large batches of produce are palletised and fans are used
to pull refrigerated air through the pallet structure (Opara and Zou, 2007). Recently there has
considerable focus on improving pre-cooling performance (e.g. Ferrua and Singh, 2009a;
Defraeye et al., 2013; O’Sullivan et al., 2016; Berry et al., 2017), as it represents a
concentration of capital and operational expenses when viewing the cool-chain as a whole.
Small improvements in pre-cooling performance have a disproportionately large flow-on effect
to the cool-chain: reductions in cooling time mean higher overall throughout, and reductions
in fan-power and refrigeration energy usage translate into large savings in operational
expenses, as pre-cooling is the most energy intensive stage of the cool-chain (James and
James, 2010).
Measuring the performance of a pre-cooler, or determining the performance impact of an
innovation or intervention to a current operation, can be challenging and prohibitively
expensive due to the large scale and positional complexity of these systems. This can result
in limitations to experimental practice, where for example, a few temperature probes are used
to collect data that is interpreted as representing the entire pallet system (e.g. Mercier et al.,
2019) or a single temperature probe is used to represent the cooling rate of a box (e.g. Wu et
al., 2018; Mukama et al. 2019). Likewise, true replicate measurements of the same system
are very rarely performed, with a recent exception being Mukama et al. (2019) who performed
three replicates of a large scale cooling trial for pomegranates.
Low sample sizes and a lack of replication threatens the validity and confidence of important
innovations in the pre-cooling field. For example, take a hypothetical pre-cooling operation,
Operation A. After the cooling performance of Operation A is measured, an intervention is
applied, such as a new package design, pallet orientation or refrigeration system, creating a
new pre-cooling process, Operation B. After one measurement, Operation B is found to
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outperform Operation A by 5%. Reporting these results verbatim conveys a scenario like
Figure 1a. However, this is may not be the reality of the situation. If, for example, after
performing replicates of both Operation A and Operation B, an experimental error of 10% is
observed, the differences between the operations should instead be viewed as Figure 1b.
While Operation B may be an improvement over Operation A on average, the advantage is
less pronounced than previously implied when taking into consideration the known variability.
In this hypothetical situation, declaring Operation B an improvement risks a Type I statistical
error (Shuttleworth and Wilson, 2008).

Figure 1: A hypothetical example of how cooling trial results are often presented (a) versus
how they should be presented, with statistical uncertainty included (b)

An alternative to experimental systems is to use mathematical models to study pre-cooling
(e.g. Ferrua and Singh, 2009a; Defraeye et al., 2013; Han et al., 2017). If a model can be
developed and validated, then changes to a pre-cooling operation can be investigated in a
digital environment, where materials costs are free and many different iterations can be
explored simultaneously. While modelling is increasingly becoming a vital design tool, without
information pertaining to uncertainty levels on the data which is used to validate a model,
model-derived innovations also risk being Type I statistical errors if the percentage
improvement is below the level of uncertainty.
The problem of the lack of definition of experimental error in pre-cooling trials begins to be
addressed in this paper. A large scale pre-cooling operation with a high temperature probe
sample size was repeated a number of times so that experimental error could be quantified.
Five pallets of kiwifruit were assembled and pre-cooled in a laboratory environment, with care
to replicate the initial conditions and cooling conditions as much as possible. The results
provide guidelines to other researchers as to the levels of experimental error and variability
between repeated measures that can be expected in similar large scale pre-cooling
processes.

2. METHODS AND MATERIALS
2.1

Experimental

This paper repeats previously published experimental work (O’Sullivan et al., 2016; Olatunji
et al., 2017) to determine the bounds of experimental variability, which was previously
unmeasured. For clarity, key details of the experimental set up are repeated below; while full
details can be found in O’Sullivan et al. (2016) and Olatunji et al. (2017).
The industrial forced-air pre-cooling process widely used by the New Zealand kiwifruit industry
was replicated at a smaller scale in a laboratory setting through the construction of a windtunnel inside of a refrigerated room with tight temperature and humidity controls, situated at
Massey University, Palmerston North, New Zealand. Hayward kiwifruit (Actinidia deliciosa)
was supplied by Zespri International Ltd. and stacked into pallets weighing roughly 500 kg
each – approximately half the size of the pallets used in industry. Type-T thermocouples were
inserted into the centre of 16 kiwifruit per selected box (red fruit, Figure 2a) and connected to
64-channel data loggers (1000 Series Squirrel Meter/Logger, Eltek Ltd. Cambridge, UK) to
record the fruit temperature every minute for the duration of each repetition. Fourteen (14)
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boxes were instrumented: 7 in row B (red, Figure 2b) and 7 in row D (green, Figure 2b) to give
a wide spatial sample of 224 temperature positions throughout the pallet. Fresh packaging
and fruit was used for each repetition. Each repetition was cooled for 24 h.

Figure 2: The wind-tunnel constructed to replicate the forced-air cooling process used widely
by the New Zealand kiwifruit industry: a.) Ordered stacking pattern of kiwifruit with instrumented
fruit highlighted in red; b.) Laboratory forced-air cooling tunnel set-up: 50 boxes of kiwifruit
stacked into a pallet, connected to a VSD fan. 14 boxes were instrumented: 7 in layer B (red) and
7 in layer D (green). Images based on Olatunji et al., 2017 with permission from original authors

To minimise differences between replicates, the following steps were taken. Kiwifruit were
stacked into 4 ordered rows (Figure 2a) to reduce the impact that random stacking patterns
between boxes and experimental replicates might have on the cooling rate. All pallets of fruit
were equilibrated at 20 °C for 48 h prior to cooling to ensure a uniform starting temperature
across repetitions. The refrigerated air temperature was set to 0 °C and relative humidity to
80% across all repetitions. The variable speed drive fan (AP0502AA5/16, Fantech,
Wellington, New Zealand; Figure 2b) was tuned at the beginning of each cooling trial to give
a volumetric flow rate of 0.38 m 3 s-1 (0.76 L s-1 kg product-1).
In addition to the first cooling experiment detailed in O’Sullivan et al., 2016 and Olatunji et al.,
2017, four additional repetitions were completed over a two-year period (2014-2016) to give a
total of 5 replicates of the same precooling system.
Cooling performance was reported as the half-cooling time (HCT) at two levels of detail: pallet
scale and box scale. The pallet average HCT was calculated as the average of all
thermocouple readings in the pallet, when the Fractional Unaccomplished Temperature
Change (FUTC), 𝑌𝑃 , reached 0.5 (Eq. (1); Brosnan and Sun, 2001):
𝑌𝑃,𝑡 =

𝑇𝑃,𝑡 − 𝑇𝑎
𝑇𝑃,𝑖 − 𝑇𝑎

Eq. (1)

Where 𝑌 is the FUTC (-), 𝑇 is the temperature (°C), 𝑇𝑎 is the refrigerated air temperature (°C);
subscript 𝑃 is the pallet replicate (replicate 1, replicate 2, etc), 𝑡 is time (hours) and 𝑖 is initial
(𝑡 = 0).
At the box scale, symmetry dictates that there are 7 individual box cooling profiles per pallet
(Figure 2b). The box average HCT is therefore calculated as the average of all thermocouple
readings in that box over both layers B and D, when the FUTC reaches 0.5 (Eq. (2));
𝑌𝐵,𝑃,𝑡 =

𝑇𝐵,𝑃,𝑡 − 𝑇𝑎
𝑇𝐵,𝑃,𝑖 − 𝑇𝑎
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Where subscript 𝐵 is the specific box (boxes in the centre of the pallet are grouped according
to B1/D1, B2/D2, etc.; while boxes on the sides are grouped according to B5/D8, B6/D9 etc.).
Average performance is reported as the mean, 𝜇, of HCTs with the unit hours (h). Experimental
uncertainty is reported as the standard deviation, 𝜎, in HCTs with the unit hours (h). The
coefficient of variability, 𝜃, is also reported, which is the standard deviation divided by the
mean, 𝜃 = 𝜎⁄𝜇 , and is dimensionless (-).
2.2

Mathematical Modelling

A computational fluid dynamics (CFD) model of a pallet scale pre-cooling operation for kiwifruit
published previously (O’Sullivan et al., 2016) is used in this paper to compare with the
experimental work. The intention of this comparison is to provide a more robust validation of
the model. The new comparison provides guidelines for the degree to which innovations and
interventions derived from a modelling approach must be an improvement on the status quo
without undue risk of a Type I statistical error. For instance, in O’Sullivan (2016), the validated
CFD model is used to investigate the cooling performance of a new package design with
additional ventilation, which in the digital environment was observed to decrease the pallet
average HCT by 4.6%. If the experimental uncertainty is larger than 4.6%, then the superiority
of this new package design may be minimal in comparison to the random variability that exists.
Details of the model are found in O’Sullivan et al. (2016).

3. RESULTS AND DISCUSSION
3.1 Experimental Uncertainty
The average pallet HCT across all 5 replicates was 𝜇 = 4.7 h, with a standard deviation 𝜎 =
0.76 h, and a coefficient of variability 𝜃 = 𝜎/𝜇 = 0.16, or 16%. The variability between replicates
is distributed throughout the pallet in different ways.
Figure 3a shows the box average HCT across the 5 replicates as well as the predicted cooling
rates of the pallet scale CFD model (O’Sullivan et al., 2016).
Figure 3b is a more direct comparison between CFD and experimental results, with the
average HCT across the 5 replicates, with error bars as the 95% confidence interval.
Figure 4a shows the standard deviation compared to the mean HCT of each box, and
Figure 4b the relative error compared to the mean HCT of each box.
Error at an individual box level was high – for example, box B7/D10 has a HCT of 8.8 h in
replicate 2, but 4.6 h in replicate 5. The error in individual boxes appears to increase when the
cooling rate is slower: for example, box B1/D1, which is the fastest cooling box as it is nearest
to the inlet of refrigerated airflow, had a standard deviation of just 0.65 h; whereas box D4/B4,
the slowest cooling box as it is the furthest away from the inlet of refrigerated airflow, had a
standard deviation of 1.47 h – over twice the level of uncertainty.
Figure 4a elucidates the general upward trend between the standard deviation and the cooling
rate. There does not seem to be much relative increase in error, however: the coefficient of
variability stays fairly constant (Fig.
Figure 4b).
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Figure 3: Overall experimental uncertainty. a.) HCT of each Box, experimental vs. CFD model
(O’Sullivan et al., 2016); b.) Average HCT of each box, experimental vs. CFD model (O’Sullivan
et al., 2016; error bars 95% C.I.)

Figure 4: Error in different positions of the pallet: a.) Absolute error (standard deviation)
compared with the mean cooling rate per box; b.) Relative error (coefficient of variability)
compared with the mean cooling rate per box

These results (Fig. 3) further validate the CFD model developed in O’Sullivan et al. (2016).
While the CFD model tends to slightly under predict the HCT at a per box level, it was still well
within the bounds of experimental uncertainty across all 7 comparisons. With an overall level
of error of ±16%, this is potentially problematic for model use as a design tool. In order to
confidently avoid a Type I error, the model must produce a new package design that is at least
a 16% improvement over the status quo.
Viewed from another perspective, these results (Fig. 3b) could strengthen model use as a
design tool in this field, as the CFD model predicted the average results very closely. This
could be interpreted as the model removing many of the random errors of cooling that are
present experimentally that result in adding substantially more variability to the system.
Variability is introduced through different fruit sizes (Wu et al., 2018), different fruit thermal
properties, variable initial and air delivery temperatures and variable pressure drops across
the system (Shim et al., 2016). Without these random errors in a modelling environment, there
are only systematic errors associated with how the model is constructed. If these are managed
correctly, then modelling remains an important tool for driving innovation in this area. For
example, despite the high level of error in overall HCT prediction, the model of O’Sullivan et
al. (2016) remains useful in showing that boxes furthest away from the inlet of refrigerated
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airflow had the slowest cooling rates. Therefore a model based design that redirects fresh
airflow to boxes at the rear of the pallet will be a superior design. In other words, a validated
model can be useful in showing where improvements to an operation need to be made.
From these results, new guidelines can be developed. When reporting pallet average HCT, in
the absence of a measured experimental uncertainty range, it is recommended that a ±16%
margin of error is used. Assuming that
Figure 4b shows an insignificant correlation between 𝜃 and 𝜇, the average 𝜃 for the 7 boxes
across 5 replicates can serve as the new benchmark for experimental uncertainty at the
individual box level; the average coefficient of variability being 0.21, or 21%. It is therefore
recommended that (in the absence of a measured experimental uncertainty range) measured
box average HCTs use a ±21% margin of error.
3.2 Thermocouple Error
While there are many potential contributors to the random error observed in the results, one
potential source is the temperature measurement equipment, which may also explain the
increase in error when the cooling rate is slower (
Figure 4 4a). In this section the error introduced purely from the thermocouple equipment is
quantified.
The Type-T thermocouples used during experimentation have a ±0.5 °C margin of error
according to the manufacturer (1000 Series Squirrel Meter/Logger, Eltek Ltd. Cambridge, UK).
This error is defined as 𝜀. The implication of this is that boxes that are cooling slower will have
intractably larger variance when reporting cooling rates in terms of the HCT, as 𝜀 becomes
more meaningful. To demonstrate, imagine a hypothetical box that is cooling in a perfectly
exponential fashion from 𝑇𝑖 = 20 °C to 𝑇𝑎 = 0 °C:
𝑌=𝑒

ln(0.5)
( 𝐻𝐶𝑇 )∙𝑡

Eq. (3)

Where the proportionality constant ln(0.5)⁄𝐻𝐶𝑇 reflects that the FUTC will halve every period
of HCT. The HCT is defined as the time when the thermocouple reads 𝑌 = 0.5:
𝑡=

𝐻𝐶𝑇
∙ ln(𝑌)
ln(0.5)

Eq. (4)

First, it is assumed that the box has a HCT of 2 h, and there is no thermocouple error ( 𝜀 = 0
°C). The measured HCT will be:
𝑡=

2
∙ ln(0.5) = 2
ln(0.5)

Eq. (5)

However introducing 𝜀 = 0.5 °C means the temperature reading when the box reaches 10 °C
(the HCT) could be 10.5 °C or 9.5 °C. This corresponds to FUTC values of 0.525 and 4.75,
respectively:
𝑡=

2
∙ ln(0.525) = 1.86
ln(0.5)

Eq. (6)

𝑡=

2
∙ ln(0.475) = 2.15
ln(0.5)

Eq. (7)

So that 𝜀 = 0.5 °C translates into a ±0.15 h error in HCT measurement. Continuing the
exercise, applying Eq. (4) to a box with a HCT of 4 h, 𝜀 = 0.5 °C now translates into a ±0.30 h
error in HCT measurement. This trend continues so that the absolute error in HCT doubles
with every doubling of the HCT. As the relationship is linear, the coefficient of variability (𝜃) is
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constant: 𝜃𝑡ℎ𝑒𝑟𝑚𝑜𝑐𝑜𝑢𝑝𝑙𝑒 can therefore be derived by Eq. (8) as a function of the starting
temperature, 𝑇𝑖 , the refrigeration temperature, 𝑇𝑎 , and the thermocouple error, 𝜀:
[1 −
𝜃𝑡ℎ𝑒𝑟𝑚𝑜𝑐𝑜𝑢𝑝𝑙𝑒 =

ln(𝑌+𝜀 )
ln(𝑌−𝜀 )
]+[
− 1]
ln(0.5)
ln(0.5)
2

Eq. (8)

Where:
𝑌+𝜀 = 0.5 +

𝜀
𝑇𝑖 − 𝑇𝑎

Eq. (9)

𝑌−𝜀 = 0.5 −

𝜀
𝑇𝑖 − 𝑇𝑎

Eq. (10)

For 𝑇𝑖 = 20 °C to 𝑇𝑎 = 0 °C and 𝜀 = 0.5 °C, 𝜃𝑡ℎ𝑒𝑟𝑚𝑜𝑐𝑜𝑢𝑝𝑙𝑒 = 0.072, or 7.2%. Remembering that
total variance per box was 21%, this shows that thermocouple error can potentially represent
a large portion of total error in HCT measurement and is the most likely culprit for the increase
in error as the HCT increases (
Figure 4a).
The implications of this analysis are that setting a starting temperature of 𝑇𝑖 = 30 °C reduces
relative error to 𝜃𝑡ℎ𝑒𝑟𝑚𝑜𝑐𝑜𝑢𝑝𝑙𝑒 = 4.8%; and if thermocouples can be purchased with 𝜀 = 0.1 °C,
relative error reduces to just 𝜃𝑡ℎ𝑒𝑟𝑚𝑜𝑐𝑜𝑢𝑝𝑙𝑒 = 1.4%.

4. CONCLUSIONS
In this study, the level of experimental error in large scale pre-cooling operations was
determined by repeating a popular forced-air cooling process for kiwifruit 5 times and
observing the differences between trials. It was found that the level of relative error on a pallet
average HCT basis was ±16%; and from a box average perspective, the relative error was
±21%. It is recommended that these levels of experimental error are adopted by other
researchers in the absence of a measured experimental uncertainty range. This study also
suggests that mathematical modelling can be an accurate method of predicting the average
cooling rates of individual boxes, and can be a good tool to assess how the physics of a system
combines to produce a measured cooling rate. However, model-derived designs that show
improvements of less than 16% should be viewed with scepticism until the ability to measure
large-scale cooling operations is improved. We predict up to 7.2% of the relative error is a
result of the ±0.5 °C uncertainty associated with the Type-T thermocouples used in these
experiments, for the commonly used cooling change of 20 °C to 0 °C.
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ABSTRACT
In fresh produce precooling applications, an important feature of packaging design are the vents that
allow airflow within, between and through stacked packages. The pressure drop through an orifice
(i.e. a vent) can be characterised in terms of a loss coefficient and numerous correlations exist to
predict this in literature, which theoretically can be used to predict the airflow distribution for a given
packaging system. However, many such correlations were developed for orifices with much larger
total open area (TOA) than are typically encountered in packaging vents (2 - 8%) and do not account
for apparently significant vent design parameters such as number of vents, and location on the
packaging face. In this work, the pressure loss coefficient for different vent designs were measured
and compared with literature sourced coefficients. In addition to vent size, results presented consider
and describe the influence of number and location of vents on the package.
Keywords: Pressure Drop, Loss Coefficient, Vent Size, Vent Location, Vent Number, TOA.

1. INTRODUCTION
The horticulture industry is able to trade globally due to the cool chain. One mechanism to extend
shelf life is through abrupt reduction of the produce temperature to storage temperature, slowing the
metabolic processes of the fruit (Brosnan and Sun, 2001). For many horticultural products, the forced
draft cooling method is used for the initial temperature reduction. This method consists of pulling
refrigerated air through a stack of palletised boxes filled with produce by using fans to create a
pressure differential across the packaging system. The resulting airflow pathway through the boxes
allows direct convective heat transfer between the cold air and the warm produce.
A key area of research that influences forced draft cooling effectiveness is the design of the vents of
the packaging. Well designed venting allows the air to reach every fruit in the box effectively,
reducing cooling time and heterogeneity (Olatunji et al., 2017). Additionally, appropriate vent design
can result in reduced pressure differential requirements through the stack of produce (for a given
flowrate), thus potentially reducing the fan energy requirements of the cooling operation.
Modelling the momentum and energy balances during forced draft cooling have been largely done
by using direct numerical simulations (Defraeye et al., 2013; Dehghannya et al., 2011; Ferrua and
Singh, 2009; O'Sullivan et al., 2016) or as porous media (Alvarez et al., 2003; Delele et al., 2013;
Gruyters et al., 2018; Verboven et al., 2006), implemented in complex software packages
(Dehghannya et al., 2010). Such approaches can be robust but the model preparation, solving time,
and computational power make these approaches incompatible for combination with optimisation
routines such as generic algorithms or Monte Carlo simulations (Martinez-Hermosilla et al., 2018),
where thousands of similar scenarios would be simulated. In particular, the complex internal
geometry of fruit within boxes can be very difficult to model via these methods without simplification
(O'Sullivan et al., 2016).
An alternative approach that has the potential to both be accurate and fast in predicting airflow
pathways through a system is the resistance network airflow model (Smale et al., 2006). For the
scenario of forced draft cooling of palletised fruit, vents on the package become a major resistance
in the system that requires quantification to enable prediction. In the kiwifruit modular bulk packaging
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(MBP) system (O'Sullivan et al., 2016; Olatunji et al., 2017), as a polylined system, headspace flow
becomes highly relevant, as this acts as the heat transfer surface where refrigerated air flows through
the palletised boxes, similar to a network of pipes connected by orifice plates. Should the airflow
pathways resistances be predicted, a robust, fast approach to optimise box design could potentially
be developed. This airflow resistance approach has been applied previously for refrigerated shipping
systems (Smale, 2004) and refrigerated display cabinets (Ben-abdallah et al., 2018; Love and
Cleland, 2007).
A mechanical energy balance can be applied to determine the pressure differential through one or
more boxes. Darcy’s relationship (Darcy, 1857) describes this phenomena when air passes through
a physical barrier, in this case, a vent hole, as this relationship describes pressure drop due to orifices
and other accessories in a pipe system. Physical barriers are represented by a loss coefficient (k),
in this case, the impact of the vent hole geometry on the total pressure loss through a box. In most
cases, loss coefficients and friction factors are tabulated for specific pipe features ultimately based
on empirical data. Idelchik (1994), developed a formula to calculate a loss coefficient based on an
orifice plate size with some distinction between different ranges of Reynolds number. While this
approach is well-understood in pipeline design, there is no certainty that this approach will accurately
account for the features present in palletised boxes including the number of vents, vent size, and
vent location. Literature recommends a TOA of 14% for optimising cooling performance (de Castro
et al., 2005), while the internal TOA between the headspaces of adjacent boxes is much greater
(»50%; Fig. 1b). Previously, Vigneault et al. (2004) showed that for 1, 5 and 80 (slit) orifices there
was a difference in pressure drop at 25% TOA. What happens when the number of vents varies
between 1 and 5 is still uncertain. The aim of this research is to investigate the effect of vent hole
size, location and number on the loss coefficient and to evaluate the accuracy of the approaches
found in the literature for the calculation of this coefficient.

a.)

b.)

∆𝑝(→)

Figure 1: Diagram of airflow direction during forced-air cooling of a.) Pallet of produce (adapted
from O'Sullivan et al. (2016)), and b.) Airflow pathway between boxes, where ∆𝒑𝒊→𝒋 is the pressure
drop in the vent between two boxes
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2. METHODOLOGY
2.1.

Experimental Design

This experiment was conducted in a temperature controlled wind tunnel (Fig. 2) set at 25°C, with a
variable speed drive fan for wind speed control. Uniform airflow is achieved with a flow straightener
and a mesh grid. The wind tunnel has a square cross section with sides of 27.8 cm.
Test plates were made of medium density fibre (MDF) of 5 mm thickness, cut with a laser cutter
(Fusion M2 Epilog Laser, Epilog, USA) to mimic potential box faces used in the horticultural industry.
Fig. 3 shows the designs.
To monitor pressure drop, a differential pressure sensor (SSCSNBN002NDAA5, Honeywell, Morris
Plains, USA) with a range of 498 Pa and an accuracy of ±2% was used, placing each pressure probe
at 7.5 mm distance from the plate in both directions at the top of the tunnel. Pressure data was
logged every second for 150 seconds using a data logging system (Picolog1216, Pico Technologies,
UK). A hot wire anemometer (9545 Velocicalc Air velocity meter, TSI, USA) with an accuracy of ±3%
was used to measure point velocity at the centre of the tunnel 50 cm upstream of the plate. From
the point velocity the mean tunnel superficial velocity was determined from a calibration curve
previously created (data not shown). Each plate was measured at 10 different wind speeds, in
triplicate.

Figure 2: Longitudinal drawing of a variable speed fan wind tunnel and test section

Parameter
Size
(TOA)

Plate design

3%

6%

15%

25%

50%

3%

3%

3%

6%

6%

Location
(3% TOA)
Location
(6% TOA)
Number
(3 and 6%
TOA)

6%

Figure 3: Experimental plate design classified by each design parameter tested. Each plate has a 27.8
cm hydraulic diameter

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3103

2.2.

Data Analysis

The measured data was compared to Darcy’s relationship of pressure loss due to an orifice plate
(Eq. 1) using Idelchik’s relationships to calculate the loss coefficient 𝑘 (Idelchik, 1994).
∆𝑝 = 𝑘𝜌

𝑣.
2

Eq. (1)
.

5

𝑅𝑒 ≥ 10

𝐴= 𝐴=
𝐴> .
𝑘 = 61 + 0.707:1 −
− ? @ A
𝐴> 𝐴>
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Eq. (3)

Where ∆𝑝 is the pressure drop across the orifice (Pa), 𝑣 is the superficial velocity (m/s), 𝜌 is the air
density at 25°C, 𝑘 is the pressure loss coefficient (-), 𝐴> is the cross sectional upstream area of the
tunnel (i.e. the box face) (m2), and 𝐴= is the total open cross sectional area of the vents (m2). Values
of 𝜁= GHI and 𝑘E are coefficients of the jet section of the flow dependant on Reynolds number and the
TOA. These coefficients are tabulated and can be found in detail in Idelchik (1994).
3. RESULTS
3.1.

Effect of Vent Size on the Loss Coefficient

Fig. 4 shows the effect of vent size on the pressure loss for 5 different TOAs. As expected, as the
vent TOA increases, the pressure drop decreases for a given superficial velocity. Idelchik’s formula
for an orifice plate of TOA between 3 and 15% appears to model the results well. For 25 and 50%
TOA, the calculated loss coefficient under predicts the data. This was unexpected as the formula of
Idelchik were developed for larger vents, commonly found in pipe network systems.
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Figure 4: Effect of vent size on pressure drop. Solid lines represents pressure loss coefficient
calculated by Eq. (2), and dashed lines represents pressure loss coefficient calculated by Eq. (3).
Error bars represent the range of measured superficial velocity data. Grey lines represent
corresponding fan speed for each TOA
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When comparing 6% TOA to 3% TOA, the differences in pressure drop at each fan speed are not
substantial, with a maximum difference of 6.7% at the highest fan speed, while the superficial velocity
is almost double for 6% TOA compared to 3% TOA. This is an important insight when considering
the size of vent holes of a package of low TOA, as relatively similar pressure drops are obtained with
an important increase in the superficial velocity and hence potentially faster cooling.
For this case, the use of either Eq. (2) or (3) did not make a significant difference, despite Eq. (2)
strictly being intended for a higher Reynold’s number regimes than these experimental conditions.
This may be an advantage as Eq. (2) does not depend on Reynolds number and hence can be
applied to calculate the 𝑘 coefficient independent of air flowrate. This means that a procedure to
predict air flowrate from pressure drop may not need to be iterative even at low flow conditions.
3.2.

Effect of Vent Location on the Loss Coefficient

Vent location had little effect on the loss coefficient and, hence on the pressure drop for 3 and 6%
TOA (Figs. 5 and 6). Difference between superficial velocity between centre vent and top vent (Figs.
5b and 5e is 13.8%, while differences on pressure drop for the same vents is only 2.14%. Eq. (2) or
(3) can both be used to estimate the loss coefficient with similar accuracy. This is an important finding
as vent location is a key design parameter and it is valuable that the loss coefficient can be predicted
for variable locations using a single existing relationship. Of course, this does not account for the
effect of potential vent obstructions. In practice, vents not located at the top of the box will possibly
have fruit immediately in the airflow path. This will also be the case in box configurations with minimal
headspaces, where in case of an obstruction, this may affect the loss coefficient of the vent and the
obstruction itself (Ai and Mak, 2013).
Reynolds Number (×103)

a.)

b.)

c.)

d.)

e.)

f.)

Figure 5: Effect of vent location on the pressure drop for a 3% TOA. Solid lines represents pressure
loss coefficient calculated by Eq. (2), and dashed lines represents pressure loss coefficient
calculated by Eq. (3). Error bars represent the range of measured superficial velocity data
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Reynolds Number (×104)
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f.)

Figure 6: Effect of vent location on the pressure drop for a 6% TOA. Solid lines represents pressure
loss coefficient calculated by Eq. (2), and dashed lines represents pressure loss coefficient
calculated by Eq. (3). Error bars represent the range of measured superficial velocity data

3.3.

Effect on Vent Number on the Loss Coefficient

For the measured cases of up to 3 vents located at the top of the plate, there was no significant
differences between the pressure drop recorded for the same TOA distributed over 1, 2 or 3 vents
shown in Fig. 7 and Fig. 8. Vigneault et al. (2004) previously found differences in pressure drop
imparted by vent number at 25% TOA plates. Those results suggest that pressure drop should
increase with vent number, but that study was conducted with the TOA distributed over larger number
of vent holes (up to 80). Thus, there may be a point at which the number of vents that the TOA is
distributed over becomes significant regarding to pressure drop, but this number may be greater to
the typically observed on horticultural packaging.
Reynolds Number (×103)

a.)

b.)

c.)

Figure 7: Effect of vent number on the pressure drop for 3%. Solid lines represents pressure loss
coefficient calculated by Eq. (2), and dashed lines represents pressure loss coefficient calculated by
Eq. (3). Error bars represent the range of measured superficial velocity data

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3106

Reynolds Number (×104)

b.)
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c.)

Figure 8: Effect of vent number on the pressure drop for 6% TOA. Solid lines represents pressure
loss coefficient calculated by Eq. (2), and dashed lines represents pressure loss coefficient
calculated by Eq. (3). Error bars represent the range of measured superficial velocity data

4. CONCLUSIONS
Vent size effects on pressure drop were investigated empirically and theoretically. An increase in the
vent size results in a decrease in the pressure drop. For 3, 6 and 15% TOA, empirical data fits the
loss coefficients that are predicted by Darcy and Idelchik equations (Eq. (1) to Eq. (3)). Interestingly,
a comparison between 3 and 6% TOA showed that this increase on the TOA increase the superficial
velocity without significant decay on the pressure drop. Vent location and the number of vents for 3
and 6% TOA had no significant effect on the pressure drop for up to 3 vents at constant TOA. The
results show that prediction of the loss coefficient for a high Reynolds number (𝑅𝑒 ≥ 105 ; Eq. (2))
can be applied accurately to lower Reynold’s number conditions, for the studied vent designs. This
is an advantage as the high Reynold’s number equation is simpler and thus easier to incorporate
into a rapid computational scheme for modelling airflow distribution.
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ABSTRACT
The blue mussels (Mytilus edulis) were used to investigate the physiological and biochemical
indexes during the continuous cooling process (from 18 ℃ to 1 ℃). When temperature of the samples
reached the corresponding temperature (18 ℃, 12 ℃, 7 ℃, 5 ℃, 3 ℃ and 1 ℃), the body fluid were
subjected to the assessments. Results showed that the respiratory and excretion level of the
samples decreased as the temperature decreased. There were no obvious changes of content of
glutamic-oxaloacetic transaminase, glutamate-pyruvic transaminase and creatinine between the
original and the final temperature point (p > 0.05）. And the concentration of glucose, triglyceride,
and cholesterol of the samples first went up and then reduced as the decrease of temperature. While
the uric acid concentration increased overall. Results would be helpful to illustrate the dormant
mechanism of the blue mussels induced by continuous cooling.
Key words: Blue Mussels, Continuous Cooling, Physiological Index, Biochemical Index.

INTRODUCTION
The blue mussel (Mytilus edulis) which is edible marine bivalve mollusc, belongs to Mollusca,
Bivalvia, Ostreoida, Mytilidae, Mytilus. Since the blue mussels are delicious and nutritious, they have
received the general consumers’ affection. In China, they are mainly distributed in Fujian, Shandong,
Zhejiang and other coastal provinces. Limited by current keeping-alive technology, only local
consumers can get access to some fresh blue mussels, but most of the blue mussels are still sold
as processed or frozen products. And there are numerous studies about the drying technology or
frozen preservation technology of the mussels (Qiu, 2004; Lv et al., 2015). Currently, the keepingalive technology has received more and more attention due to growing demands for the fresh
shellfish by consumers. The key of this technology is the induction of the mussels to become dormant
at low temperature. So far, continuous cooling has been regarded as good method for shellfish (Ni
& Shen, 2013). However, few studies focused on the blue mussels which become dormant status
through continuous cooling. Comprehensive effects of continuous cooling on the blue mussels were
unclear, and the cryogenic dormant mechanism has not been fully discovered.
In this study, the blue mussels were subjected to the continuous cooling process from 18 ℃ to 1 ℃,
and investigated effects of temperature changing on physiological and biochemical indexes. Results
would be helpful to illustrate the cryogenic dormant mechanism of shellfish seafoods including the
blue mussels.

2. MATERIALS AND METHODS
2.1. Samples Collection
The blue mussel samples were obtained from the breeding base which is located in Jiangyin town,
Fuqing city, Fujian province, China. The samples were transported to the lab within 4 hours. They
were selected and the criterion was about (40 ± 1) g. Then their surface were rinsed by precooled,
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man-made sea water (18 ℃).
2.2 Continuous Cooling Process
A total of 120 selected blue mussels were divided into three groups and put into the three different
aquariums filled with 6 L man-made sea water (18 ℃). Two aquariums were placed in the cold room
at -2℃ in order to achieve the continuous slow cooling. As control group, the third aquarium was
placed in the cold room at 18℃.
2.3 Determination of the Oxygen Consumption Rate and the Ammonia Excretion Rate
When reaching the temperature (18 ℃, 12 ℃, 7 ℃, 5 ℃, 3 ℃ and 1 ℃), three blue mussels were
taken out from one aquarium and put into one plastic box filled with 600 mL precooled water. Then
the boxes were placed in the cold room with the corresponding temperature. After 3 hours, the
samples were subjected to the tests for the oxygen consumption rate and the ammonia excretion
rate. Meanwhile, the blue mussels of the control group were taken out for the same assessments at
each time point.
Winkle method was used to measure the oxygen consumption rate (Xu et al., 2010). The ammonia
excretion rate was determined according to the method described by Harding et al. (2004).
2.4 Biochemical Index Tests
When reaching the temperature (18 ℃, 12 ℃, 7 ℃, 5 ℃, 3 ℃ and 1 ℃), three blue mussels were
taken out from another aquarium. 1 mL of the body fluid was collected from each mussel, and
centrifuged at 12000 rpm for 20 min at 4℃. The equal volume of the supernatant of three mussels
were mixed as one samples and stored at -80℃ before using. Meanwhile, the blue mussels of the
control group were taken out for the same assessment at each time point. All biochemical indexes
of the samples were measured using the biochemical analysis equipment (Beckman Coulter, USA),
including glutamic-oxalacetic transaminase (GOT), glutamate-pyruvic transaminase (GPT),
creatinine (CREA), urine nitrogen (UN), glucose, triglyceride (TG), cholesterol (CHOL), total protein
(TP), albumin, and uric acid (UA).
2.5 Statistical Analysis
Data processing and statistical analyses were conducted using SPSS V21.0. The adopted level of
extreme significance and significance were 1% (p < 0.01) and 5% (p < 0.05)

3. RESULTS AND DISCUSSION
3.1 The Changes of the Oxygen Consumption Rate and the Ammonia Excretion Rate
Respiration and excretion are important physiological activities of shellfish. In the test group, it took
about 7 hours for the blue muscle samples to decrease the temperature from 18℃ to 1℃. The oxygen
consumption rate of the blue muscles gradually went down as the decrease of the temperature, and
the dropping trend between the temperature range of 7℃～1℃ was more steep than other range
(Fig.1). When the temperature reached 1℃, the oxygen consumption rate was 0.01mgO2/g.h, which
suggested that the respiration of the blue mussels nearly stopped and they entered the dormant
stage. Results suggested that temperature had significant effects on the oxygen consumption rate
of the blue mussel samples (p < 0.01). Similar results were also reported in oyster (Jiao et al., 2017)
and clam (Xu et al., 2015). Within the same period, the samples in the control group, which was
placed at 18℃, showed no obvious change in the oxygen consumption rate (p > 0.05). So did other
assessments for the control group.
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Figure 1: Changes of the oxygen consumption rate of the blue mussel samples during the cooling
process

The excrements of bivalve shellfish mainly consist of ammonia, urea, uric acid, amino acid, and so
on. And the proportion of ammonia is much higher than other excrements, accounting for at least
70% of the total excrements. As shown in Fig. 2, the ammonia excretion rate of the blue mussels
showed the similar changing trend as the oxygen consumption rate. Similar results were also
reported in clam (Feng et al., 2004; Xiao et al., 2006). When temperature dropped from 18 ℃ to 1 ℃,
the ammonia excretion rate gradually became smaller. Results suggested that temperature had
significant effects on the ammonia excretion rate of the blue muscles samples (p < 0.01). Moreover,
the blue muscles nearly became dormant.

Figure 2: Changes of the ammonia excretion rate of the blue mussel samples during the cooling
process

3.2 The changes of the GOT and GPT concentration
Usually GOT concentration is used to indicate the healthy status of the heart muscle. As can be seen
from Fig. 3, GOT concentration in the blue mussel samples presented a small fluctuating change
during the continuous cooling process. When the temperature decrease from 18 ℃ to 12 ℃, the GOT
concentration fell to 59 U/L; As the temperature continued to reduce, conversely, the GOT
concentration reached the highest value (66.67 U/L). However, there was no significant difference
of GOT concentration between the beginning and the final temperature point. Results suggested that
the continuous cooling process had little traumatic effect on myocardial function in the blue mussel
samples. Moreover, the samples had already adapted to low temperature after being subjected to
the induction by continuous cooling process.
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Figure 3: Changes of the GOT concentration of the blue mussel samples during the cooling process

During the continuous cooling process, the GPT concentration showed similar changing trend as
GOT concentration (Fig. 4). The GPT concentration had the highest value of 14.67 U/L at 5 ℃. And
the concentration at 1 ℃ had no significant difference from that of the original level. Results
suggested that the samples had already adapted to low temperature and there was little damage to
the liver.

Figure 4: Changes of the GPT concentration of the blue mussel samples during the cooling process

3.3. The Changes of CREA and UN Content
Creatine slowly generates CREA through irreversible non-enzymatic dehydration reaction, and then
CREA is discharged through glomerular filtration. The CREA level is usually related to the kidney
function. As shown in Fig. 5, when the temperature deceased from 18 ℃ to 3 ℃, the CREA level of
the blue mussel samples dropped to the lowest level (1.35 μmol∙L-1), which was significantly different
from the initial level (p < 0.05). However, there was no obvious change of the CREA level between
the samples at the beginning and the samples at the end of cooling process (p > 0.05). Similar results
was reported by Chen et al. (2012). Therefore, it was suggested that the creatine metabolism of the
blue mussel was normal during the continuous cooling process, and the low temperature induction
did not cause damage to the kidney tissue of the blue mussel.
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Figure 5: Changes of the CREA content of the blue mussel samples during the cooling process

UN is another indicator which is commonly used in the clinical examination of kidney function. The
increase of UN could indicate either too much proteins in daily dietary or kidney dysfunction. As
shown in Fig. 6, within the first period of the temperature dropping from 18 ℃ to 7 ℃, the UN content
slightly increased, but there was no obvious change (p> 0.05). After 7 ℃, the overall trend of UN
content was downward. When the temperature dropped to 3 ℃, the UN content decreased to the
lowest value (0.16 μmol∙L-1), which was significantly different from those of higher temperature points
(p<0.05) but not significantly different from that of 1℃ (p > 0.05). Such downward trend of UN content
could be due to the inhibition of amino acid deaminase, transaminase and uricase at low temperature
(Weihrauch et al., 2009). Consisting with CREA result, the UN result also suggested this

continuous cooling process did not cause damage to the kidney.

Figure 6. Changes of the UN content of the blue mussel samples during the cooling process

3.4. The changes of glucose concentration
Glucose is an important energy substance in the organism body, the concentration of which
commonly maintains a dynamic balance. During the cooling process from 18 ℃ to 1 ℃, the glucose
concentration of the blue mussel samples presented approximate bell-curve shape overall (Fig. 7).
The glucose reached the highest concentration of 1.69 mmol∙L-1 at 7 ℃, which was significantly
different from those of other temperature point (p < 0.05). The temporary rising of glucose
concentration was possibly because of the stress reaction against the cold temperature, involving
the gluconeogenesis or the breakdown of glycogen (Ji, 2014; Shao et al., 2017). However, there was
no significant difference of glucose concentration between the first and last temperature points (p >
0.05), which suggested that the samples had adapted to the cold temperature.
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Figure 7: Changes of the glucose concentration of the blue mussel samples during the cooling
process

3.5 The Changes of TG and CHOL Content

The Fig. 8 shows that as the temperature was reduced, TG levels of the blue mussel went down
after rising first. When the temperature decreased from 18 ℃ to 5 ℃, the TG content went up and
reached the highest level (1.49 mmol∙L-1), which suggested that this increasing TG level possibly
could enhance the cold resistance of the mussel during the earlier stage. When the temperature
decreased to 1℃, the TG level went down to the lowest value (0.88 mmol∙L-1), which was significantly
different from the initial level (p < 0.05). The later stage of decreasing trend of TG content may be
due to the inhibition of TG synthesis after entering into the dormancy status.

Figure 8 Changes of the TG content of the blue mussel samples during the cooling process

As for another kind of lipid, similar trend was also present in CHOL content during the continuous
process. As shown in Fig. 9, the CHOL level went up to the highest value (5.93 mmol∙L-1) at 5 ℃and
then down to the lowest value (2.89 mmol∙L-1) at 1℃, both of which were significantly different from
the initial level (p < 0.05). The later decreasing of CHOL content may be due to the inhibition of CHOL
synthesis.
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Figure 9: Changes of the CHOL content of the blue mussel samples during the cooling process

3.6 The changes of TP and albumin content

The changes of TP content in body fluid of samples during the continuous cooling process were
shown in Fig. 10. As the decrease of temperature, the TP content increased first and then decreased.
The TP contents at the temperature between 7℃and 3℃ were significantly from that of the beginning
stage (p < 0.05). When the temperature went down to 1℃, the TP content of the blue mussel samples
dropped down to the level which was not significantly from the initial level (p > 0.05).
As for the albumin content in the blue mussel samples, it showed the similar changing trend as the
TP content during this cooling process (Fig. 11). The albumin content increased first and reached 22
g∙L-1at 3℃, which was significantly higher than that of the beginning level (17.33 g∙L-1) (p < 0.05).
Then the albumin content return to level which was not significantly from the initial one (p > 0.05).
Moreover, the increasing trend of both TP and albumin content at the first stage may be due to the
higher expression of stress protein against cold temperature (Ji, 2014). When the blue mussel
gradually adapted to the cold temperature and became dormant, these protein content returned to
the original level.

Figure 10: Changes of the TP content of the blue mussel samples during the cooling process
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Figure 11: Changes of the albumin content of the blue mussel samples during the cooling process

3.7 The Changes of UA Content

UA is the catabolic product of purine nucleotides. Overall, the UA content of the blue mussel samples
showed a rising trend as the temperature reduce (Fig. 12). Compared with the initial level, UA content
of the samples rose to 188 mol∙L-1 at 1℃, increasing by 29.38%. This possibly because more stress
proteins were needed to be synthesized at low temperature, correspondingly more nucleic acid
metabolism could occur (Jiang et al., 2017). Moreover, UA content of the samples at 5 ℃ was
significantly higher than that of 7 ℃, but significantly lower than that of 3 ℃ (p < 0.05).

Figure 12: Changes of the UA content of the blue mussel samples during the cooling process

4. CONCLUSION
Results above suggested that the continuous cooling process could be helpful for the blue mussels
to enter the dormancy status. Moreover, 1 ℃ was suitable temperature point for the blue mussels
to become dormant and keep alive.
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ABSTRACT
Proper temperature management is needed to maintain the quality of fresh fruit such as pears.
Understanding the cooling process is crucial and possible with numerical modelling techniques such
as computational fluid dynamics (CFD). In this work, X-ray computed tomography (CT) based CFD
modelling was validated with experimentally obtained cooling profiles. First, CT images of pear fruit
of different cultivars randomly stacked in boxes were obtained. Next, horizontal forced-air cooling
experiments with the different packings were conducted. After CT image reconstruction, CFD
simulations with the realistic pear stacking were performed. Experiments agreed well with simulation
results. Cooling time of individual pears differed up to 4 hours and large differences in cooling time
between the pear cultivars were observed. Individual fruit shapes clearly influence cooling behaviour.
Eventually, these parameters can be effectively taken into account in numerical models using fruit
shape models and Discrete Element Modelling, avoiding the need of CT imaging.
Keywords: Computational Fluid Dynamics, Pear Fruit, Biological Variability, X-Ray CT Imaging,
Forced-Air Cooling.

1. INTRODUCTION
From the moment fresh fruit are harvested, they solely rely on their internal reserves to fuel their
respiration metabolism (Jackson, 2003). By lowering fruit temperature, the respiration rate is slowed
down and thus, the speed of senescence and deterioration processes (Prusky, 2011). Understanding
the cooling process is crucial and possible with numerical modelling techniques such as
computational fluid dynamics (CFD). In the explicit CFD modelling approach, the complex features
of the package material and produce are taken into account. However, validation of such models
requires one-to-one comparison of predicted and measured temperature profiles in specific fruit
stacks. Previous research often approximated the fruit stacks with simplified regular geometries such
as spheres (Ambaw et al., 2017; Defraeye et al., 2013; Delele et al., 2013). For spherically-shaped
produce such as oranges or apples, the average cooling process can be predicted fairly well
(Defraeye et al., 2013; Wu et al., 2018), although the local cooling behaviour within the fruit package
is underestimated with this assumption (Gruyters et al., 2018). However, studying the cooling
behaviour of non-spherical fruit such as pears is more complex: because of their shape, their
stacking pattern is much different from that of spherical fruit and likely affects the local airflow and
heat transfer considerably. Their actual shape thus needs to be incorporated in the CFD model.
In this study, CT images of randomly stacked pear fruit of three different cultivars (cv. ‘Doyenné’, cv.
‘Conference’ and cv. ‘Durondeau’) in a corrugated package were used to reconstruct a 3D
geometrical model of the actual filling pattern inside the package. These geometries were
incorporated in a CFD model of a horizontal FAC process and the simulations were validated with
temperature measurements inside different fruit inside the package during cooling. Experiments
were executed in a precooling setup with a controlled airflow.
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2. MATERIALS AND METHODS
2.1.

Pear Fruit

Fruit from three pear cultivars (Pyrus communis, cv. ‘Durondeau’, cv. ‘Conference’ and cv.
‘Doyenné’) were collected on September 25 th 2017 from a commercial grower (Van Der Velpen;
Bierbeek, Belgium). The pears were picked late August 2017 at Bierbeek, Belgium. The pears were
stored at –0.5 °C for 25 days under ambient atmosphere. All pears were free of visual defects.
2.2.

Fruit Box

In this study, a telescopic, single layer corrugated fibreboard cardboard (CFC) box design (LC
Packaging, Sint-Katelijne-Waver, Belgium) with outer dimensions of 50 cm  33 cm  31 cm and a
0.3 cm wall thickness was used. The short side has one large horizontally oriented, rectangular vent
hole (i.e. the handle) on the top middle region resulting in a total open area of 2.45 %. No vent holes
were present on the other sides of the box. One box per cultivar was randomly filled with pears,
resulting in an average weight of 25.55 kg  0.28 kg per box. The total number of pear fruit was
114, 122 and 104 for ‘Durondeau’, ‘Conference’ and ‘Doyenné’ respectively. Figure 1 shows the
dimensions of the box and the three randomised pear-filling patterns.

Figure 1: Geometrical representation of the box design and corresponding stack fillings based on CT
images of packaged fruit of three pear cultivars

2.3.

Reconstruction of the CT images

Cross-sectional slices of three boxes filled with pears and thermocouples placed in selected ‘sample
fruit’ were obtained with X-ray CT imaging on October 3rd 2017. The X-ray CT scans were made with
a Siemens Somatom (KU Leuven, Gasthuisberg, Belgium), operating at a tube setting of 500 mA
and 140 kV to capture the projection images. After obtaining the X-ray CT scans, image analysis
was done with Avizo 9.5 (FEI, Bordeaux, France). Due to the distinctive greyscale intensity of the
box, all pixels marking the box were manually removed from the volume, prior to segmentation of
the pears and thermocouple wires. By selecting proper greyscale values, images were segmented
in pear objects and thermocouple wiring. Subsequently, all segmented pear objects were separated
from each other by subjecting them to a watershed segmentation. In a final step, a surface mesh of
the individual pears was exported to ANSYS SpaceClaim (ANSYS, Canonsburg, PA, USA) where
small artefacts and protrusions on the surface mesh were manually removed to create a smooth
assembly of 3D solid pear bodies (see Fig. 1).
2.4.

Forced-air cooling experiments

All forced-air cooling (FAC) experiments were conducted at the Flanders Centre of Postharvest
Technology (VCBT, Belgium) on October 3rd and 4th 2017. First, the three fruit boxes were
equilibrated to a temperature of about 16.4 °C. Next, the short side of the box was placed in front of
a FAC system, located inside a coolstore. The FAC airflow was regulated to obtain an AFR that was
within range of what is commonly used in the precooling industry (Brosnan and Sun, 2001). The
airflow rate was measured in a single point at the end of the circular airshaft with an anemometer
(TSI VelociCalc 9545, Kritech & Co PGmbH, Belgium; accuracy of ± 0.015 m s-1). The temperature
and relative humidity of the cool stores were kept at –0.46 ± 0.17 °C and 87.00 % ± 1.00 %,
respectively, for all experiments. The FAC system employed a centrifugal fan (G2E140AI2801, EBM-
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Papst, Benelux B.V.) that drew the refrigerated air through the box. The pressure drop over the box
was measured with a differential pressure sensor (GEMS Sensors, Hampshire, UK; accuracy of ± 1
Pa). Fruit pulp temperatures of several pears at distinct positions in the filling (‘sample fruit’) were
monitored every 15 s with T-type thermocouples (OMEGA Engineering, USA; accuracy of  0.025
°C). The positions of the thermocouples inside the fruit are illustrated in Fig. 2.

Figure 2: The relative position of the 12 sample fruit in the filling and the corresponding location of
the thermocouples inside the fruit for the three pear cultivars. In all three boxes, six fruit were
located in both the bottom and top region and were evenly distributed on each side along the depth
direction to distinguish a front, middle and back region in the box

2.5.

CFD model

Explicit CFD models of the three fruit boxes were constructed. The free-stream air was modelled as
a fluid domain while both fruit and box design were modelled as solid domains. The thermophysical
model parameters of the box, the fruit and the air were assumed temperature independent due to
the relatively small temperature range (Ferrua and Singh, 2009), and are presented in Table 1.
Table 1: Model parameters of the air, the pear fruit and the single box

Density
(kg m -3)
1.185

Thermal conductivity
(W m -1 K-1)
0.024

Specific heat capacity
(J kg-1 K-1)
1004

Pear

1000

0.52

3800

(Nahor et al., 2005)

Box

145

0.064

1338

(Ho et al., 2010)

Air

Reference

(ASHRAE, 2013)

Fig. 3 presents the computational domain with the implemented boundary conditions (BCs),
simulating a horizontal FAC process of a single box. At the inlet of the fluid domain, an ambient
atmospheric pressure condition and medium turbulence (5 %) were imposed. At the air domain
outlet, a negative pressure was imposed to simulate the operation of the centrifugal fan in the FAC
system (see Table 2). All other sides of the air domain were modelled as a symmetry BC. The box
was modelled as no-slip walls with zero roughness with a fixed temperature BC on the outer box
walls (~0 °C). The Reynolds-averaged Navier-Stokes (RANS) equations combined with the shear
stress transport k −  turbulence model (SST k −  model) and wall functions were solved. This
turbulence model was validated previously for a very similar computational setup (Defraeye et al.,
2013; Delele et al., 2008; Han et al., 2015; Wu et al., 2018). Transient heat transfer simulations
similar to the experimental conditions were performed. This allowed the evaluation of the cooling
performance by calculating and monitoring the fruit temperatures at the same location as the
thermocouples used in the experiment. The inlet cooling air temperature and initial fruit temperature
were taken the same as the average value measured in the experiment (see Table 2).
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Table 2: The experimental conditions that were implemented in the CFD model

-

Durondeau

Conference

Doyenné

𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙 (°C)
𝑇𝑖𝑛𝑙𝑒𝑡 (°C)
 P (Pa)
𝜈𝑖𝑛𝑙𝑒𝑡 (m s-1)

16.6
-0.7
- 465
0.2

16.3
-0.2
- 463
0.2

16.8
-0.2
- 460
0.2

* Measured as the area average value at the inlet of the air domain

Figure 3: Graphical representation of the implemented boundary conditions in the CFD model. The
implemented boundary conditions were the same for all pear geometries. The air enters the
computational domain from the right hand side. The dimensions are expressed in mm

All domains were discretised with tetrahedral and hexahedral mesh cells. In total, the ‘Durondeau’,
‘Conference’ and ‘Doyenné’ models had 4.28  106, 4.58  106, and 4.29  106 mesh cells. A grid
sensitivity analysis with Richardson extrapolation was performed to calculate the spatial
discretization error (Celik et al., 2008; Franke et al., 2007; Roache, 1994). For the pressure drop
over the box and the surface-averaged heat transfer coefficients of the fruit, the spatial discretisation
error was maximally 3 % for all computational models. All calculations were performed on a 64-bit
Intel® Xeon® CPU E5-2630, 2.30 GHz, 128 GB RAM, Windows 7 PC. All transient simulations (for
a period of 24 h after cooling) took more than 56 h to complete.

3. RESULTS
3.1.

Fruit Cooling behaviour

Table 3 shows the experimental and numerical results of the minimum, average and maximum
values of the cooling time for the three pear boxes. There is a good agreement between the predicted
and experimentally measured cooling times. Between the different boxes, large differences are
noticed with a maximum difference up to 4 h in cooling time between individual pear fruit. Compared
to the other two fruit fillings, the ‘Conference’ filling cooled more heterogeneous. ‘Conference’ pears
are typically more elongated than ‘Durondeau’ or ‘Doyenné’ of which the shape is rather spherical.
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Table Error! No text of specified style in document.: The minimum, average and maximum value of
the cooling time (min) of the sample fruit measured in the experiment (Exp.) and calculated with
the CFD model (CFD)

-

Durondeau

Conference

Doyenné

Exp.

CFD

Exp.

CFD

Exp.

CFD

Min

173

161

100

109

131

120

Avg*

259±63

258±57

244±83

238±83

209±50

214±59

Max

367

345

379

378

304

311

* Standard deviation calculated from the 12 sample fruit

To gain a better insight in the cooling behaviour, the spatial distribution of temperatures inside the
fruit and convective heat transfer coefficients on the fruit surfaces are discussed next. The convective
heat transfer coefficient, h (W m -2 K-1) relates the heat flux normal to the fruit surface to the difference
between the fruit surface and a reference temperature (in this case the incoming air temperature).
Fig. 4 shows the spatial temperature distribution inside the three pear boxes with tem perature
contour plots in the right vertical plane of the pear box after 0.5 h of cooling. Clearly, large
temperature differences exist between the top and bottom region of the box. Furthermore, most
pears located in the front cooled faster than in the back region of the box. However, this was not the
case for ‘Conference’, where the top pear in the front seemed to cool slower. Further analysis of the
numerical results revealed that the incoming air was deflected by adjacent pears located in front of
the vent hole. Therefore, this particular pear was shielded from direct exposure to the cold air and
thus, cooled slower.

Figure 4: Temperature contour plots in the right vertical plain of the pear boxes after 0.5 h of cooling.
The air enters the computational domain from the right hand side

Fig. 5 illustrates a contour plot of local convective heat transfer coefficients calculated on the surface
of individual pear fruit. In general, a slow cooling rate is associated with low values of the heat
transfer coefficient. In addition, the degree in which these coefficients differ throughout the fruit filling
pattern can be used as a measure of local cooling heterogeneity within the fruit stacks (Gruyters et
al., 2018). For each pear box, a large variability in heat transfer coefficients is observed with high
values in front of the vent hole and low values in the bottom region of the box. This corresponds well
with the observed temperature differences shown in Fig. 4.
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Figure 5: Contour plot of the convective heat transfer distribution on the fruit surface for the three
boxes filled with pears. The air enters the computational domain from the right hand side

4. CONCLUSIONS
In this study, a novel methodology for constructing a geometrical model of the actual fruit filling
pattern inside corrugated boxes from CT images was successfully demonstrated. An individual
corrugated box was filled with three different pear cultivars (cv. ‘Durondeau’, ‘Conference’ and
‘Doyenné’) after which horizontal forced-air cooling experiments were performed to validate the CFD
models. There was a very good agreement between the numerical simulation and experimental
results. Large local differences in cooling behaviour between the three boxes were observed. A more
pronounced temperature heterogeneity was observed for the ‘Conference’ filling. Clearly, the cooling
behaviour is affected by fruit shape in particular stacking patterns.
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ABSTRACT
Temperature abuses are often encountered during cold storage and distribution chain of food
products such as frozen vegetables. The subsequent ice recrystallization results in microstructural
changes, which is closely linked to the final vegetable quality. In this work, X-ray µCT was used to
visualize and quantify 3D ice crystal changes in carrot over a period of two months of frozen
storage with dynamic change of temperatures. The results obtained revealed a significant increase
in ice crystal size during the storage period, simultaneous to a significant reduction in ice crystal
count number. The 3D data on ice crystals acquired within this work provide a better insight for the
description of microstructure evolution, and for a better control of cold storage sector of frozen
vegetable.
Keywords: frozen vegetables, ice recrystallization, X-ray µCT, 3D microstructure.

1. INTRODUCTION
One of the greatest challenges for the frozen food industry is to preserve the quality of food
materials during extended storage for consumer’s convenience. Food-processing operations,
including freezing and frozen storage, may change the tissue structure significantly (Aguilera and
Stanley, 1999; Ullah et al., 2014). During freezing of plant-based materials such as carrots
(Daucus carota L.), ice crystals are formed throughout the cellular structure. The formation of ice
crystals and subsequent ice recrystallization that occurs during storage, can modify the tissue
microstructure of plant-based materials (Mousavi et al., 2007; Ullah et al., 2014; Ndoye and
Alvarez, 2015; Vicent et al., 2017; Guo et al., 2018; Mo et al., 2018). Indeed, ice recrystallization
involves ice crystals resizing and redistribution because of the growth of large ice crystals at the
expense of the small crystals (Donhowe and Hartel, 1996; Hartel, 1998; Pronk et al., 2005;
Hagiwara et al., 2006). Pronk et al. (2005) commented that in food materials, Ostwald ripening is
the main mechanism for ice recrystallization. Recrystallization is more likely to occur if frozen food
undergoes temperature abuse, such as dynamic temperatures during frozen storage and within the
distribution chain (Zaritzky, 2000). Ice crystal growth is strongly linked to food microstructural
changes that often affect the stability and quality of frozen foods. These changes include alteration
in texture, sensory quality and nutritional values (Zaritzky, 2000; Ho et al., 2013). Vicent et al.
(2018) recently showed changes of quality such as drip loss in frozen apple tissue as a result of ice
recrystallization during storage with temperature fluctuations. Therefore, investigating the
microstructural changes could help to elucidate the quality and stability changes occurring in
vegetables. Most studies explore the microstructure of frozen food materials in 2D images
(Donhowe and Hartel, 1996; Aguilera and Stanley, 1999). 2D information depends on the
section plane of visualization and does not provide perfect quantitative morphology of
volumetric elements such as cells, airspaces and ice crystals in frozen plant-based materials.
Evaluation of the food microstructure in 3D has been proposed more relevant (Ho et al., 2013).
The potential of X-ray micro-computed tomography (X-ray µCT) as a 3D imaging technique to
visualize and quantify the internal microstructure features of frozen vegetables has been
demonstrated (Mousavi et al., 2007; Voda et al., 2012; Ullah et al., 2014; Zhao and Takhar, 2017).
Mousavi et al. (2007) used X-ray µCT to investigate the 3D ice crystals during freezing of different
food products, including carrots, and stated that ice crystals varied in sizes according to the
freezing rates applied. Ullah et al. (2014) applied X-ray µCT to visualize ice recrystallization in
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frozen potatoes during storage with temperature fluctuations, and reported the ice crystals
increased in size with the increase in amplitude of temperature fluctuations. Zhao and Takhar
(2017) also used X-ray µCT to study ice recrystallization phenomena in frozen potatoes subjected
to different temperature fluctuations during storage. However, all these works were carried out on
frozen foods after a freeze-drying process to lyophilize frozen water. Authors assumed that the
void structures formed in the freeze-dried products represented the ice crystal morphology. In fact,
the freeze-drying process may have change frozen-food structures investigated through shrinkage
(Voda et al., 2012), leading to inconclusive results. To circumvent this issue, Vicent et al. (2017)
developed and validated an X-ray µCT imaging procedure directly on frozen samples to investigate
the 3D microstructure of ice crystals in apple tissue at a low temperature (-18 °C). The method
employed prior knowledge by incorporating X-ray attenuation coefficients of reference samples into
the image analysis. The method remains to be tested to determine whether it is suitable for
investigating the relationship between the 3D microstructure of the ice crystals and the storage
temperature without requiring a freeze-drying step.
The objective of this study was to quantify 3D ice crystal growth in frozen carrots stored over a
period of two months at dynamically changing temperature. X-ray µCT was used to visualize ice
crystal propagation due to ice recrystallization. Image analysis was performed using the X-ray
attenuation coefficients of reference model samples.

2. MATERIALS AND METHODS
2.1.

Carrot sample preparation and freezing

Prior to freezing, cylindrical carrot (Daucus carota L., cv. Nantesa) samples with a height of 14 mm
were excised from carrot tissue using a cork bore with an inner diameter of 6 mm. Subsequently,
each excised sample was placed in a straw to facilitate the mounting of samples onto the cooling
stage for image acquisition using X-ray µCT. Next, five replicate carrot samples were numbered
and packed in two plastic bags.
The prepared samples were frozen in an air blast freezer set at a temperature of -33 °C. For
sample temperature records, a calibrated thermocouple (type T; 0.2 mm) was inserted into a
sample core of the representative bag. The air freezer temperature was recorded as well. Freezing
was completed when the sample core temperature reached -18 °C. An overall freezing rate of
approximately 9.1 °C per min was achieved.
2.2.

Dynamic change of storage temperatures

Two freezers were used to achieve dynamically changing temperature conditions storage of frozen
samples. Carrots samples were held for 23 h in the first freezer set at a temperature of -23 °C and
then moved for 1 h to the second freezer set at a temperature of -5 °C, as shown in Fig. 1.

Figure 1: Air (blue line) and product (red line) temperatures records under dynamic storage: (a) 5
days record; (b) 1 day record

The dynamic temperature cycle was performed daily over a period of two months, with the
exception of weekends. This storage scenario made it possible to study the effects of the poor
practice in terms of temperature dynamic conditions that could occur during frozen storage. The
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glass transition temperature of carrot was measured to be approximately -32 °C (Reid et al. 2003;
Gonçalves et al. 2007). This indicates that no amorphous solid phase in the frozen carrot tissue
was formed during freezing and dynamic storage experiments.
2.3.

X-ray µCT imaging

3D images of frozen carrot samples were acquired using a high-resolution X-ray µCT apparatus
(DeskTom RX 130, Chavanod, France). The frozen sample at -21 °C was gently placed into a
cooling stage cylinder made of phase change material (PCM) designed to maintain the sample
temperature during the entire scanning protocol. PCM consisted of NaCl (25 % w/w) and
commercial blend gum (5 % w/w) (Germantown Premium IC Blend, Danisco) was used. The
cooling stage was surrounded by and covered with polystyrene foam in order to isolate both the
samples and PCM from the environment. Image acquisition was carried out with an X-ray tube
power setting of 60 kV and 133 µA. A voxel resolution of 8.9 µm was applied. 896 projection
images were recorded over a 360 degrees rotation with a step size of 0.4 degrees. The exposure
time was of 0.2 s per projection resulting a total scanning time of 11 min per sample. After each
scan, the sample was placed back in the freezer set at a temperature of -23 °C for sequential
storage. This enabled us to follow the microstructural changes for the same carrot sample
throughout the storage experiment.
3D images were reconstructed from a series of X-ray radiograph projections using XAct 2 software
(RX Solution, Annecy, France). Noise filtering and phase contrast correction were applied to
improve image quality. The scanning and reconstruction procedures outlined above were utilized to
acquire CT images of frozen carrot at each time point during storage.
Fresh carrot scans were acquired using a SkyScan 1172 high-resolution desktop X-ray µCT
(Bruker micro CT, Kontich, Belgium) at a voxel resolution of 2.9 µm. For comparison purposes to
the frozen samples, five replicates of the fresh carrot tissue were imaged using the optimized
scanning and reconstruction workflows detailed by Vicent et al. (2017).
2.4.

Image processing

The procedure of image analysis was implemented using Avizo 9.2.0 software (FEI VSG,
Bordeaux, France). A representative elementary volume (REV) analysis was carried out prior to
image processing based on the method proposed by Mendoza et al. (2007). A REV of 340 × 340 ×
340 voxels equivalent to a volume of 27.71 mm3, showed no appreciable difference in the
standard deviation with the largest sample volume and was selected as the best for each set of
images for further quantitative analysis to provide representation of the macroscopic properties of
the frozen carrot.
Ice crystals in carrot samples were segmented using the methodology developed by Vicent at al.
(2017) based on X-ray attenuation coefficients of reference model samples (frozen distilled water
and concentrated carrot juice to identify X-ray attenuation coefficients of pure ice crystals and of
the unfrozen-matrix respectively in frozen carrot tissue). Intensity densities ranging from 0 to 255
greyscales across the frozen carrot image was found according to the components (Fig. 2). The
greyscale range between 0 and 20 was assumed to represent airspace, ice was found to have
greyscale values between 10 and 130, while concentrated carrot juice resulted in greyscale levels
between 100 and 220. The greyscale histogram of frozen carrot overlapped with that of the two
reference samples, as it comprises both the frozen and unfrozen voxels. A preliminary test
suggested that the majority of ice voxels had greyscale values between 20 and 120. Subsequently,
these threshold values of 20 and 120 (shown by arrows in Fig. 2) were applied to each REV of
frozen carrot to segment the ice fraction from the unfrozen matrix and air.
The spatial resolution at which the objects with small density deviations can be identified was
determined according to a statistical method suggested by Hsieh (2009). A resolution of two voxels
(18 µm) was found to be the smallest resolution for which the greyscale level was still significantly
different between frozen water and concentrated juice.
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Frozen water

Concentrated carrot juice

Frozen carrot

Frozen water
Frozen carrot
Concentrated juice

Figure 2: CT cross-section slices of reference samples and corresponding greyscale
intensity histogram.

For subsequent quantitative analysis, a watershed separation procedure (Fig. 3) was applied to the
region of interest (ROI) binary images of the frozen phase to separate the connected ice crystals.
The separated ice crystals (Fig. 3b) were superimposed to the original CT image (Fig. 4) to
elucidate how well the ice crystals were separated from each other. The separated ice crystals
were then labelled individually as shown in Fig. 3c. To facilitate quantitative analysis, the ice
crystals intersecting the borders of the REV may generate improper structure information that
needs to be excluded by using a border kill module. The separated ice crystal dataset produced by
Avizo Platform were imported into Matlab (R2015a, Mathworks Inc., Natick, MA, U.S.A), where
their ice size distributions were analysed in five replicates. Lastly, a two-sample KolmogorovSmirnov test (p < 0.05) was carried out for statistical comparison of the data.

Figure 3: Image processing procedure: (a) binary image of ROI; (b) separated ice crystals using
watershed method; (c) labelled separated ice crystals
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3. RESULTS AND DISCUSSION
3.1.

Microstructural changes

Fig. 4 illustrates the effect of the dynamically change of storage temperature on the microstructure
of cylindrical carrot samples. Fig. 4a shows a µCT slice scan of fresh carrot tissue obtained at a
voxel resolution of 2.9 µm. The dark spots represent airspaces, and the grey regions show the
cellular matrix. Fig. 4b-f shows µCT cross-section slices of the same frozen carrot sample acquired
at different time points (7, 14, 30 and 60 days) during a two-month storage period. The
intermediate grey regions probably correspond to the frozen phase in frozen carrot tissue. The
bright voxels correspond to the unfrozen-matrix (insoluble tissue materials and unfrozen water)
which has a higher density than water and lights up in brighter interconnected lines. The µCT
images clearly show a patchwork of oblong ice crystals with liquid concentrated juice in between.
µCT images show clearly an increase in ice crystals size with increasing storage time (Fig. 4b-f).
This can plausibly be explained by ice recrystallization occurring often during storage when
temperatures fluctuate. When the frozen carrot undergoes temperature variations during frozen
storage, the small ice crystals are subjected to melting-diffusion-refreezing cycles leading to crystal
growth (Ndoye and Alvarez, 2015; Guo et al., 2018; Mo et al., 2018). This was shown to lead to
microstructural changes in different frozen-food materials (Mousavi et al., 2007; Ullah et al., 2014;
Zhao and Takhar 2017).
The qualitative information in the µCT images of the frozen carrot visibly prompted us to
quantitatively analyse them to obtain a comprehensive insight into 3D ice crystal morphology (size,
number and spatial distribution).

(a) - fresh

(b) - 0 day

(c) - 7 days

(d) - 14 days

2000 µm

(e) - 30 days

(f) - 60 days

Figure 4: Effect of frozen storage under dynamically changing temperature on microstructure of
carrots: µCT cross-section slices of the same frozen carrot sample at different storage time

3.2.

Quantitative analysis of ice crystals

Fig. 5 shows ice crystal size distributions obtained from five replicates carrot samples for each time
point. The distributions were found to be significantly different (p < 0.05). The size distribution
became broader with increasing storage time. Just after freezing, initial ice crystal size distribution
in the carrot samples ranged from 20 to about 590 µm. During storage, a gradual widening of the
size distributions was observed up to size ranging from 20 to over 1120 µm after 60 days of
storage. By comparing the size distributions, it can be seen that at 0 day, only 5% of ice crystals
was larger than 400 µm. This value reached 12%, 20% 32% and 38% after 7 d, 14 d, 30 d and 60
d of storage, respectively.
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Figure 5: Cumulative ice crystal size distribution in frozen carrot samples stored under dynamically
changed temperature during two month

The mean equivalent diameter of ice crystals in frozen stored carrots also increased with storage
time accordingly to ice crystal size distribution broadening. Mean sizes of 240 ± 27, 270 ± 17, 308
± 22, 362 ± 17 and 438 ± 28 were found at 0 d, 7 d, 14 d, 30 d and 60 d storage time, respectively.
While ice crystal sizes increased, their total count number significantly decreased with storage time
as shown in Table 1. At 0 d a large number (N = 2301 ± 175) of small crystals were found with a
mean equivalent diameter equal to 240 ± 27 µm (Table 1). During further storage the mean
equivalent diameter and number of ice crystals continued to gradually increase and decrease,
respectively, until 60 d. At the end of the two-month storage period, the total number of ice crystals
was reduced to 870 ± 45 whereas the mean equivalent crystal diameter reached a larger size of
438 ± 28 µm.
Table 1. Page margins for manuscripts submitted to the Nth IIR Conference

Storage
time (d)

Ice crystal size
range (µm)

Mean equivalent
diameter (µm)

Median equivalent
diameter (µm)

Mean number
of crystals

0

20 - 590

240 ± 27

245 ± 22

2300 ± 175

7

20 - 680

270 ± 17

257 ± 11

1630 ± 144

14

20 - 810

308 ± 22

309 ± 15

1510 ± 130

30

20 - 990

362 ± 17

345 ± 60

1050 ± 60

60

20 - 1120

438 ± 28

390 ± 60

870 ± 45

The initial ice crystal size found in this study at day 0 (246 ± 16 µm) concurs well with those
reported in the literature. Voda et al. (2012) investigated the freezing of carrot tissue at -28°C and
reported ice crystal size of 239 µm. A similar value (241 µm) was found by van der Sman et al.
(2013) for carrot tissue frozen at -28°C too. The subsequent ice crystal growth during storage
found in this study, as the reduction in the total number of ice crystals was also stated in other
studies, especially in a context of temperature abuse Ullah et al. (2014) and Zhao and Takhar
(2017). Ullah et al. (2014) stored frozen potatoes under fluctuating temperatures during 30 days
and reported a mean equivalent ice crystal diameter increasing from of 284 µm at day 0 to 605 µm
after 30 days of storage under stepwise increasing temperature fluctuations: from -17°C to -16°C
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for 10 days, from -17°C to -11°C for the next 10 days and from -17°C to -7°C during the last 10
days of storage. Comparable findings were published by Zhao and Takhar (2017) who used also
stepwise increasing temperature fluctuations for frozen potatoe samples. Ice crystals grew from
113 µm to 833 µm during 42 storage days at -17°C to -16°C for 14 days, at -17°C to -11°C for the
following 14 days and finally at -17°C to -7°C for the last 14 days. Ndoye and Alvarez (2015)
showed a similar trend of ice crystal growth in ice cream stored under temperature fluctuations
during a six month period. All these authors suggested that ice crystal growth is due to ice
recrystallization phenomena such as Ostwald ripening mechanism where the smaller crystals
merged with large ice crystals, and this process was as important as the amplitude of temperature
fluctuations increased.
In the current study, the enlargement of ice crystals in carrot sample is likely due to ice
recrystallization by Ostwald ripening mechanism. The decrease in ice crystals number could be
explained by the melting of small crystals whose water molecules will refreeze on large crystals,
implying the increase of mean ice crystal size. The alternating rise and lowering of storage
temperature between -23°C and -5°C influenced the detachment of water molecules from small
crystals where they are more weakly bound than in large crystals and their mobility through the
matrix to bind to large crystals that become larger (Hartel, 1998; Hagiwara et al., 2006). As a
result, both the ice crystal size distribution as well as their spatial distribution changed during
storage (Hartel, 1998; Zaritzky, 2000; Hagiwara et al., 2006; Ndoye and Alvarez, 2015).

4. CONCLUSIONS
3D ice crystal size distributions and count in frozen carrot tissue were investigated using X-ray µCT
under dynamically changing temperature in order to evaluate ice recrystallization phenomenon. A
broadening of ice crystal size distributions was found for each time point involving an increase in
the size of ice crystals. In addition, the total number of ice crystals was found to reduce in carrot
during the two-month storage period. 3D imaging of ice crystals provided quantitative data sets that
are useful for modelling purposes at the microscopic level such as population balance model,
which can help to predict ice recrystallization. Such a modelling work can also help to acquire a
better understanding of the relationship between microstructural changes and quality changes
induced at the macroscopic scale in plant-based food materials during frozen storage under
temperature abuse conditions. It can also be concluded that X-ray µCT provides a huge potential
to image the 3D microstructure of ice crystals without significant preparation of the sample, and
can thus be used for quality-control processes of frozen vegetables in the cold storage and
distribution sector.
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ABSTRACT
This paper presents the results of a numerical and experimental study of freezing time for fish in
plate freezers, and the potential for improvement by altering fish block thickness and lowering
evaporation temperature. Furthermore, the benefits of implementing cold thermal energy storage
(CTES) in the system are presented.
The numerical freezing model relied on the apparent heat capacity method and was validated
experimentally with an industrial plate freezer.
The freezing model demonstrated good agreement with experiments. Results suggested an increase
in fish production capacity by 66 % when using -50 °C systems compared to -30 °C. Another 13 %
increase in production capacity is possible if 50-mm thick fish blocks are used instead of 100-mm.
Implementing CTES suggested a reduction in freezing time of 3.2 %, by maintaining constant plate
temperatures during freezing.
Reduced evaporating temperature, thinner fish blocks and implementation of CTES proved to be
beneficial for freezing processes on offshore vessels.
Keywords: CTES, Plate Freezing, R744, Freezing Model, Energy Efficiency.

1. INTRODUCTION
In the last decade, there has been an increase in natural refrigerants used in refrigeration systems
(Oña, 2017). On offshore vessels, most systems use either R717 (ammonia) or R744 (CO2), which
can evaporate at temperatures as low as -50 oC. Though operating at lower temperatures reduces
freezing times, it also lowers the system efficiency and requires a higher installed compressor
capacity.
This study focuses on plate freezing of fish onboard small fishing vessels, where compact equipment
and high production capacity (kg frozen fish per day) is essential. Plate freezers are compact and
uses plates, inside which the refrigerant evaporates, in direct contact with the fish to ensure fast
freezing. On smaller vessels, whole, ungutted, fish are distributed between the plates and frozen to
fish blocks with core temperature of at least -20 °C ( Karlsen, 2018). Prediction of freezing times is
an important parameter when designing freezing systems.
A new CO2 system installed on a fishing vessel displayed significantly longer freezing time than
expected (Karlsen, 2018). This is likely due to the heat load from the product side is highly varying
during the freezing process, while the compressors are dimensioned for the average heat load to
avoid over dimensioning the system. This results in insufficient compressor capacity during peak
heat load, leading to elevated temperature in the low-pressure receiver and evaporator, causing
prolonged freezing times.
1.1
Aim of the study
This study investigates the possibility to optimize the freezing process and equipment on board
fishing vessels, by installing a cold thermal energy storage (CTES) system. The CTES system stores
energy when the compressor capacity is larger than the heat load, and releases energy when
needed, typically in the beginning of the freezing process. The effect on the freezing time and
necessary equipment will be investigated.
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To reach this aim, the following activities were done:
1) Development of a numerical model for the fish freezing process
2) Development of a numerical model for the temperature development in the low-pressure
receiver
3) Model validation by freezing experiments and data from low-pressure receiver from freezing
facility
4) Suggestion of CTES system and effects on key performance indicators of freezing system
This paper is based on the first author's master thesis (Verpe, 2018), where more details and results
can be found.

2. METHODS AND MATERIALS
2.1 Description of Offshore CO2 Freezing System
This study is based on an offshore, two-stage, sea-water
cooled, flooded evaporator, R744 freezing system. A
simplified model description is illustrated in Figure 1. The
plate freezer has 24 stations and approximately 1250 kg
fish capacity.
A model to estimate the system COP (Coefficient of
Performance) was established with refrigerant data
fromfree software RnLib. Reasonable assumptions
included: isentropic compressor efficiency of 0.7, sea water
temperature of 8 oC, temperature difference of 5 K in
condenser and pressure drop in evaporator and condenser
estimated by methods from Sardeshpandea et al. (2015),
which encompass acceleration loss, friction loss and height
difference.

Figure 1: Simplified model description
of a two-stage freezing system

2.2 Numerical Description
2.2.1 Freezing model
To be able to predict freezing times for various evaporating temperatures and fish block thicknesses,
a numerical freezing model was written in MATLAB. The numerical domain contained the cross
section for the fish block while the selected numerical method was to solve the two-dimensional heat
diffusion equation, see Eq. 1, by an implicit finite difference scheme, described in Tannehill et al.
(1997)
𝜕
(𝜌(𝑇)𝑐𝑎 (𝑇) ∙ 𝑇) = 𝛻⃑∙ (𝑘(𝑇) ∙ 𝛻⃑𝑇) (1)
𝜕𝑡
Eq. 1 uses apparent heat capacity, ca, which includes both latent and sensible energy, described by
Schwartzberg (1976). Other temperature-dependent thermodynamic properties were calculated
using methods described in ASHRAE (2010). Note that the conductivity for porous media was used,
to compensate for larger air voids between the packed fish, resulting in more realistic thermal
conductivity values than for a homogenous material.
At first, the boundaries of the numerical domain, simulating contact with the freezer plates, were set
to constant values (Dirichlet boundary condition). The required heat load, Q, to maintain boundary
at constant temperature was calculated, and it was recognized such heat loads are not practically
possible due to limited installed compressor capacity. Transient freezer plate temperature was
therefore implemented, as described in Section 2.2.2.
2.2.2 Pressure receiver model
Limited compressor capacity results in insufficient refrigerant gas removal from the low-pressure
receiver, see Figure 1. Increased pressure in the receiver elevates evaporating temperature in the
freezer, which in turn, prolongs freezing time. Therefore, a model was made attempting to simulate
the evaporating temperature during freezing of fish by assuming constant compressor capacity and
calculating heat load from freezing fish. A gas mass balance was set around the receiver, enabling
the possibility to calculate specific volume, ν, for the tank, see more details in Verpe (2018). The
simulated transient liquid temperature in the low-pressure receiver was used as transient boundary
conditions in the freezing model, described in Section 2.2.1.
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2.2.3

Energy Storage Tank Model and Description
b)

a)

Figure 2: Charge/discharge of the CTES system (a) and a close-up on the PCM tank (b), adapted from
Hafner et al. (2011)

An increase in the evaporating temperature, and therefore freezing time, due to insufficient
compressor capacity could in theory be eliminated by implementing a CTES system. In this study, a
theoretical shell-and-tube heat exchanger containing PCM (Phase Change Material) on the shell
side was used to store energy, as suggested by Agyenim et al (2010). Charging, or freezing, of PCM
is done when surplus energy is available, in other words when the compressor capacity is larger
than the heat load from the product. Energy is released from the PCM tank (discharging) during the
first minutes of freezing, when the heat load is largest. This essentially helps the compressor to
remove gas, by condensing refrigerant in the storage tank and melting the PCM, see Figure 2.
The PCM was also chosen to be CO2 due to matching phase changing temperatures and relatively
high thermal conductivity, which is a key factor to improve the heat transfer rates. To store energy
around -50 oC, the charging temperature of refrigerant in the tubes must be below the triple point,
indicating solid dry ice particles to be formed. In charge mode, the liquid refrigerant from the receiver
is expanded, generating solid ice to be sublimated in the tubes, while PCM is freezing on the shell
side. During discharge, refrigerant gas is removed from the receiver, helping the compressor to
maintain low pressure and temperature. The refrigerant gas is condensed when in contact with the
colder PCM, which is melted and releases the stored energy. Dimensioning of equipment is
fundamental, therefore PCM melting and freezing was modelled, based on the two-dimensional
illustration in Figure 3.

Figure 3: Close-up on pipe in PCM tank during discharge
Table 1: Suggested pressure and temperature levels in CTES tank

Tube side
Charge Discharge
Temperature -65 °C -49 °C
Pressure
3 bar
7 bar

Shell side
PCM
-57 °C
8 bar

Assuming heat is transferred from phase changing refrigerant, through metal pipes, liquid PCM and
to the interface of phase changing PCM, an expression for the overall heat transfer coefficient is
described by Eq. 4 (Bergman et al. 2013).
𝑈𝐴 =

2𝜋𝐿
𝑙𝑛(𝑟𝑜 /𝑟𝑖 ) 𝑙𝑛(𝑟𝑝𝑐𝑚 /𝑟𝑜 )
1
+
+
𝑟𝑖 ℎ𝑐𝑜𝑛𝑣
𝑘𝑝𝑖𝑝𝑒
𝑘𝑝𝑐𝑚

(4)
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Eq. 4 is valid for liquid PCM at rest. However, buoyancy effects lead to heat transport by natural
convection, resulting in higher heat transfer in the liquid layer. Nusselt number, Nu, which relates
heat transfer in convective fluids to pure conduction in fluids at rest, is defined in Eq. 5.
ℎ
𝑁𝑢 = 𝑑 (5)
𝑘
Heat flow to the melting PCM can be expressed by:
𝛥𝑚𝛥𝐻
(6)
𝛥𝑡
Inserting Equation 4 into equation 6, by use of Equation 5 and expressing Δ𝑚 by known quantities,
yields:
1
Δ𝑇Δ𝑡
𝑛+1
Δ𝑟𝑝𝑐𝑚
=
∙
(7)
𝑛
𝑛
𝑙𝑛(𝑟𝑜 /𝑟𝑖 ) 𝑙𝑛(𝑟𝑝𝑐𝑚 /𝑟𝑜 ) Δ𝐻𝜌𝑝𝑐𝑚 𝑟𝑝𝑐𝑚
1
+
+
𝑟𝑖 ℎ𝑐𝑜𝑛𝑑𝑒𝑛𝑠
𝑘𝑝𝑖𝑝𝑒
𝑘𝑝𝑐𝑚 𝑁𝑢𝑑
𝑄̇ = 𝑈𝐴 ∙ 𝛥𝑇 =

Equation (7) describes and incremental change in the PCM radius, 𝛥𝑟, for time steps n and n+1, and
will be used to evaluate the required amount of PCM, and size of the tank. Pressures and
temperatures assumed for the PCM tank are described in Table 1. Condensing heat transfer,
ℎ𝑐𝑜𝑛𝑑𝑒𝑛𝑠 , inside the tubes is hard to predict correctly. Therefore, values between 1700 and 4000
W/(m2·K), considered to be high and low boundaries by Zang et al. (2012), were implemented for
sensitivity analysis. Results concluded that they had a limited impact on PCM development, because
the overall heat transfer is dominated by the low conductivity of the PCM. Aluminium pipe diameter
was assumed to be 10 mm with 3-mm thick wall. The Nusselt number could not be determined
precisely due to the complexity of the dynamics at play. Therefore, “most probable” Nusselt numbers
between 1 and 4 were assumed.
2.3 Validation of models
To validate the numerical freezing model, a test material consisting of agar-gel, was selected due to
good contact with plates, no internal circulation during freezing, high density of nucleation sites and
convenience to monitor temperature. Thermal conductivity of the gel was measured using HotDisk
TPS (Transient Plane Source) method. The test material was frozen in an industrial plate freezer,
while measuring core temperature with a TC (Temperature Couple) monitor. Evaporating
temperature was measured to be -49 oC during the whole experiment, due to almost empty freezer,
giving optimal conditions for a constant plate temperature assumption.
Validation of the pressure receiver model was done by comparing model results with data, gathered
from another land-based freezing facility with similar freezing system.

3. RESULT AND DISCUSSION

3.1 Validating Models
To validate the models, different strategies were chosen. The numerical freezing model was
validated by comparing results with experiments in an industrial plate freezer, carried out by the
authors.
3.1.1 Freezing time
In Figure 4, the experimentally
measured core temperature is
compared to the numerical freezing
model. To achieve a core
temperature of -20 oC, there was
only a difference of 2.9 % in freezing
time.
Results from the numerical model
were in good agreement with the
experimental
data.
One
can
therefore
assume
reasonable
agreement also to frozen fish,
provided correct model inputs.

Figure 4: Test material core temperature from experiments
and numerical model during freezing in plate freezer
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3.1.2
Temperature in receiver
In
Figure
5,
the
theoretical
temperature is compared to measured
temperatures in the low-pressure
receiver. The theoretical model
overestimates the elevation of peak
temperature, by 4 to 7 K. In addition,
the temperature peak seems sharper
than in the experiments, which may be
explained by different compressor
control strategies.
Modelling pressure in a receiver is a
complex task since it is influenced by a
number of parameters, e.g., control of
compressor, heat loss, liquid level, gas
Figure 5: Model prediction and measured data on
and liquid in non-equilibrium and other
temperature in the low-pressure receiver during freezing
factors difficult to implement in
numerical models. However, numerical results seem to be in acceptable agreement with
experimental data.
3.2 Results from numerical models
3.2.1 COP of system
The efficiency of the freezing system illustrated in Figure 1 was estimated by simple steady state
models. The COP was calculated to be 1.75 and 3.0 for evaporation temperatures between -50 °C
and -30 °C, which is just below 50 % of the theoretical Carnot efficiency for the respective
temperature levels.
3.2.2
Freezing time, energy use and production capacity
Based on the calculations of the freezing times and the system COP, the key performance indicators
could be determined, as shown in Table 2. A freezer with 25 plates was assumed.
Table 2: KPIs for a R744 plate freezer. Reference values: freezing time: 301 min, energy use: 43.2
kWh/ton, production capacity: 233 kg/h

Evaporating
temperature
50
Block
thickness 75
[mm]
100

Freezing time [min]

Energy use [kWh/ton]

Production capacity [kg/h]

-50°C -40°C

-30°C

-50°C

-40°C

-30°C

-50°C

-40°C

-30°C

19 %
36 %
58 %

31 %
61 %
100 %

149 %
156 %
172 %

108 %
122 %
133 %

81 %
90 %
100 %

188 %
177 %
166 %

161 %
146 %
134 %

126 %
111 %
100 %

23 %
45 %
73 %

Energy use is calculated using COPs for the CO2 system, and a heat loss from the freezer is
included. Production capacity calculations are made assuming a reset time (defrost, unloading/
loading of product) of 20 minutes between the freezing cycles.
The increase in the energy use by lower evaporation temperature can be explained by a decreasing
COP and increasing heat loss, even though the freezing time is reduced. In addition, the energy use
is lower for thinner blocks. This can be explained by the freezing times, which seem to be dependent
on thickness squared, while the mass is linearly dependent on thickness. The same argument is also
valid when examining production capacity. Therefore, production capacity can be greatly increased,
both with reduction in evaporating temperature and plate thickness. In practice, too thin fish blocks
will reduce surface contact and increase air void fraction, which in turn prolongs the freezing time.
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3.3 Cold thermal energy storage
Figure 6 illustrates when and how
much energy can be stored in the
PCM tank, for a 1250-kg capacity
freezer. Charging of the tank is
done when the compressor
capacity is larger than the heat
load. The same energy can be
released in the beginning of the
next freezing cycle.
In practice, the pressure in the
receiver determines whether the
compressor capacity is higher
than the heat load since this
cannot be directly measured.
Lower pressure than designed
indicates surplus energy available
and should signal the expansion
valve to open and start the CTES
Figure 6: Heat load, compressor capacity and
compressor, see Figure 2.
discharged/accumulated
thermal energy during freezing
The
effective
compressor
capacity, compressor + CTES
freezing capacity, matches the heat load far better. This nearly eliminates the temperature elevation
in the low-pressure receiver, which is clearly present if the installed compressor capacity alone does
not cover the maximum heat load in the beginning of the freezing process.
3.3.1 Ice melting and sizing of the PCM system
To determine the number of tubes and the size of the storage tank, the melting (discharge) of PCM
had to be modelled. It is likely that discharging of the tank would be the dimensioning criteria due to
the short time and the resulting high heat transfer rates. The development of the melting layer was
modelled for different Nusselt numbers, as shown in Figure 7.

Figure 7: Evolution of the liquid PCM thickness for various Nusselt numbers

The total amount of PCM required for each 1-m long tube can then be calculated by knowing the
amount of storable surplus energy, found from Figure 6. One can also determine the number of
tubes, average heat transfer rates and total PCM tank volume, see Table 3.
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Table 3: Dimensioning properties of CTES
tank

Melted PCM thickness [mm]
No. of 1m tubes required
Total volume of tank [L]
Mean heat transfer, U [W/m2K]

Nusselt number
1
2
3
4
2.02 2.74 3.34 3.64
1377 979 805 702
614 501 451 422
264 372 452 518

The number of tubes and the total volume of the tank are especially interesting since they influence
the capital investment cost and the space requirement, respectively. A 500 L tank occupies valuable
space onboard fishing vessels.
Methods of heat transfer enhancements (Agyenim et al. 2012), may be needed to achieve the heat
transfer rates, calculated in Table 3. The enhancement might also reduce the number of tubes and
size, however, investment cost is likely to increase.
3.3.2 Effect on freezing system
Now, it is possible to calculate new freezing times when a CTES systems is enforcing constant plate
temperature, since higher effective freezing capacity is installed. The potential benefits of installing
a CTES system are also investigated.
Table 4: Potential benefits of installing a CTES system

With CTES Without CTES Difference [%]
Freezing time [min]
168
174
-3.17
Specific energy use [kWh/ton]
80.2
74.3
7.94
Production capacity [kg/h]
399
388
2.92
Note the increase in energy use, due to the added CTES compressor. Freezing time is decreased
by over 3 %, due to lower average plate temperature during the whole freezing process, which in
turn results in 2.9 % production capacity increase. Capacity and freezing time are not directly
correlated due to the assumed 20-min reset time, for defrost, unloading and loading of product
between each freezer batch.

4. CONCLUSION
The numerical freezing model was validated by freezing a test material with good contact and
constant plate temperature. The prediction of the temperature in the low-receiver, and therefore the
freezer plate temperature, demonstrated good agreement with the experimental data, though the
receiver temperature is erratic and varies from cycle to cycle.
Both decrease in block thickness and lower evaporating temperature, enabled by R744 systems,
result in increased production capacity for the freezer, which is more influential than the increased
energy consumption. The freezing station is the bottleneck of the production line, making the shortterm storage on the boat (often refrigerated sea water, RSW-tanks) to be filled up while there is still
fish to be harvested. Vessels with installed R744 systems, having fast freezing rates, can therefore
spend less time at sea, which in turn reduces operational costs and fuel consumption.
Implementing a CTES system with a low-temperature R744 system, using CO2 as PCM and storing
energy when the compressor capacity is larger than the product heat load, was estimated to increase
the production capacity by 2.9 %. The storage tank practically eliminates the temperature increase
in the low-pressure receiver, by condensing the refrigerant gas that the compressor is unable
remove. The PCM tank size was determined to be between 600 and 400 litres, depending on the
achievable internal heat transfer rates. The tank required between 1400 and 700 tubes to be able to
release the stored energy within 15 minutes.
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NOMENCLATURE

ρ Density [kg/m3]
Apparent heat
ca
capacity [kJ/(kg·K)]
T Temperature [K]
k

Thermal
conductivity
[W/(m·K)]

𝑚̇ Mass flow [kg/s]
Specific volume
υ
[m3/kg]
Volume flow
𝑉̇
[m3/s]
x Vapour fraction

r Radius [m]
L Length [m]
h

Convective heat
transfer [W/(m2·K)]]

t Time [s]

Q Heat [W]
Overall heat transfer
U
coefficient [W/(m2·K)]
A Area [m2]
H Heat of fusion [kJ/kg]
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ABSTRACT
Many industrial/natural processes involve transformations of the ubiquitous polysaccharides.
These macromolecules are major components of plant foods, responsible for most of their energy
(starch) and structural features (cellulose). Their industrially designed transformations or even
those naturally occurring, driven by bio-catalysers, are difficult to monitor, due to their restricted
interactions with other molecules.
Low-temperature differential scanning calorimetry (cryo-DSC) is a widespread technique, which
can inform of the evolution of these macromolecules. Their influence on the ice dynamics and
glass transition behaviour of water can provide information related to their alterations. Examples of
processes involving starch and cellulose-based systems will be shown, indicating how the different
glass transition and ice parameters yielded by DSC (glass transition temperature, different freezing
and melting temperatures, enthalpy) can be a rich information source.
Keywords: low-temperature calorimetry, cellulose, glass transition, ice, starch

1. INTRODUCTION
Polysaccharides and carbohydrates in general are ubiquitous molecules of singular importance in
every aspect of the Natural Sciences, and most significantly in Food Science and Technology. Not
only the biological realm is concerned, as many technical and industrial applications and
processes, from clothing fibres to paper, are based on these or related molecules.
Characterization of molecules, especially of macromolecules, where proteins are the main example
and model, can be performed by many different ways. The highly active character of proteins, with
many different states and prone to interact with many other small and large molecules, facilitates
different methods of analysis and characterization. However, polysaccharides are less active, more
inert molecules, especially in many cases of interest, such as those molecules that form part of
structural elements in Nature and their role is, precisely, to keep a constant and stable structure.
Differential scanning calorimetry (DSC), a technique frequently used in biophysical studies on Food
and bio-products as well as in the polymer and plastic world (e.g., Biliaderis, 1983; Höhne et al.,
2013), can be used to obtain interesting information about these substances, for example, on
structural changes derived from processing or about specific structure requirements for specific
uses. Examples of small carbohydrates, oligo and polysaccharides, and thermally (starch) and
pressure (cellulose-rich plant by-product) driven processes are shown.

2. MATERIALS AND METHODS
2.1.

Materials

Artichoke by-product was obtained from a local manufacturer, lyophilized, milled and stored dry
until use. It approximately contains (dry weight) 60 % total fiber (50 % insoluble, 10 % soluble), 20
% protein, 8 % ash, 7 % soluble sugars, 3 % lipids, 2 % inulin (determined by HPLC). Corn starch
and laboratory purified rice starch were generous gifts from Roquette Laisa S.A. (Benifaió, Spain)
and M. Raisa (UN Entre Ríos, Argentina), respectively. Avicel® PH-101 (microcrystalline cellulose,
50 μm particle size) and methylcellulose (Methocel MC 400 cP, viscosity of 2% water solution 350550 mPa-s) were from Sigma (St. Louis, MI, USA). D(+)-trehalose dihydrate was a product of
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Prolabo (Paris, France). Inulin (raftiline) was from Orafti-Beneo (Oreye, Belgium). Water was MilliQ filtered, Millipore (Burlington, MA, USA).
2.2.

Methods

Differential scanning calorimetry was carried out with a TA Instrument (Newcastle, DE, USA) TA
1000 equipment. The calorimeter allowed working at low temperature (until -150 ºC). It was
conveniently calibrated with indium and zinc pure samples and the 0 ºC point was additionally
checked with pure water. Samples were sealed in hermetic 40 µl aluminium pans. The scan rate
was always 10 ºC/min and nitrogen was used as an ambient gas. Pans contained approximately
10 mg of dry or wet sample. Dry weight was determined after 24 hour low- pressure 110ºC heating.
This allowed the determination of sample water content. Downwards processes are endothermic in
the representation chosen for thermograms.
Electron scanning microscopy was carried out using a Hitachi microscope (Tokyo, Japan) model
SU8000. Images were taken using secondary electrons.
Artichoke by-product was suspended in milli-Q water (10%) and treated by high pressure using a
Stansted Fluid Power Food Processor (Stansted, UK). Treatments were performed at 50 ºC and
lasted 30 min. Pressure levels were 200, 400 and 600 MPa.

3. A FEW THINGS THAT DSC CAN TELL US ABOUT CARBOHYDRATES AND
POLYSACCHARIDES
A large number of review and research articles have dealt with DSC applications to food and
specially carbohydrate systems (e.g., Biliaderis & Maurice, 1980; Borde et al., 2002; Roos & Karel,
1990, 91). Although some polysaccharides exhibit particular behaviours that makes them more
sensitive to study, for example, the strongly energetic and variable starch gelatinization process,
others, such as cellulose, are more stable and impervious. Fig.1 shows the effect of different
intensity high hydrostatic pressure treatments on artichoke by-product. It is, basically, cellulose
fibre still containing rests of the structural elements of the plant, with some other compounds, such
as lipids, proteins and fragments of cellulose, such as cellulose-derived oligosaccharides.

a

b

c

d

Figure 1: Typical electron scanning microscopy (SEM) images of artichoke by-product: a) untreated, and high
hydrostatic pressure treated for 30 min at 50 ºC at b) 200 MPa, c) 400 MPa, d) 600 MPa. Bar = 25 µm.

The scanning electron micrographs are showing little differences among the untreated samples (a)
and those submitted to high pressure (b, c, d). An increasing degradation degree and, perhaps, a
more inflated or hydrated structure might be observed in the high pressure-treated samples.
3.1.

High temperature DSC analysis

Differential scanning calorimetry (DSC) can be used to obtain information from these
polysaccharide systems by performing heating scans. Different compounds can show a distinctive
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high temperature decomposition or combustion. However, these conditions often could be
considered too far from those of usual work with the analysed sample, and not always are so
relevant to the sought structural and functional polysaccharide properties.
Thermograms can show exo- or endothermic events, reversible or irreversible, originated by
particular structural interactions, or simply changes in the crystalline state. Crystallinity can be a
way to distinguish different processing procedures and can be related to the particular activity of
the sample (e.g., Schick, 2009; Sundaramurthi & Suryanarayanan, 2010). However, these
properties are mostly lost when the substance of interest is hydrated.
Fig. 2. shows heating thermograms of dry methylcellulose and inulin, the fructose polymer energy
reserve of some plants. Methylcellulose shows no event at all in this temperature interval, a typical
behaviour for many polysaccharides. Meanwhile inulin shows a small endothermic transition that
could mean a crystallinity lost, as it disappears upon heating, a second scan not showing it.

-1

(W g )

endothermic

a
c
ΔH 10.05 J g
To 36.89ºC

-1

Tp 43.36ºC

b

Figure 2: High temperature differential scanning calorimetry (DSC) thermograms of: a) dry methylcellulose, b)
dry inulin and c) a second scan on the same inulin sample. Frequently carbohydrates show no appreciable
thermal events (below decomposition temperatures), or the heat involved is small. Thermal parameters onset
(To) and peak (Tp) temperatures and specific enthalpy corresponding to a non-reversible event observed for
inulin are noted in the diagram, together with is specific enthalpy (ΔH).

The calorimetric study of the same samples of Fig. 1 shows what could be possible ascribed to a
glass transition (after the heat capacity base line decrease and the diagnostic of the calorimeter
program analysis) and an exothermic enthalpic peak at higher temperatures (Fig. 3). Glass
transitions are often related to mobility and reactivity differences, but they are very sensitive to the
fluidizing agent concentration increase, water in this case. In the wet state of the artichoke byproducts, which is the state higher interest for this sample, a glass transition detected for dry state
at 50-60 ºC would be expected to quickly decrease to very low (negative) temperatures with
relatively low water amounts (data not shown). Alternative interpretations can be considered in this
complex sample: an exothermic process (between 50-60 ºC) or an exothermic wider transition
(between 60-70 ºC). Further experiments should be performed to decide among these possibilities.
The dependence of these events with hydrostatic pressure treatments is still under study.
3.2.

Low temperature DSC analysis

DSC can be used to indirectly obtain interesting information from polysaccharide systems, by
studying their effect on water freezing behaviour (e.g., Nakamura et al., 1981; Goff et al., 1993).
Fig. 4 shows how pure water freezing and thawing behaviour (a) is altered by the presence of the
otherwise rather inert Avicel® and methylcellulose. The sharp exothermic freezing peaks reflects
the brisk freezing of the metastable supercooled water at a nucleation temperature (Tn) which is,
on one hand highly variable, as resulting from stochastic water molecules movements, and on the
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other, sensitive to both nucleation by particles in suspension and, in the opposite sense, by
viscosity increases. In this case, the presence of polysaccharides causes a strong increase in Tn,
which could be related to the facilitation of ice nucleation sites by the polysaccharide itself.
The warming scans after ice formation show the corresponding endothermic ice thawing event,
which is usually characterized by their initial, onset, temperature corresponding to the equilibrium
ΔH 0.253 J g
To 93.87ºC

-1

(W g )

ΔH 0.242 J g
To 94.18ºC

-1

Tp 98.12ºC

-1

Tp 97.59ºC

b
a

endothermic

TG 53.89ºC

c

TG 63.96ºC
ΔH 0.659 J g
To 94.22ºC

-1

Tp 97.79ºC

d

TG 63.72ºC
ΔH 0.450 J g
To 94.28ºC

TG 56.35ºC

-1

Tp 98.12ºC

Tp 97.62ºC
ΔH 0.556 J g
To 93.87ºC

-1

e

Figure 3: Typical high temperature DSC thermograms of dry (<10% water) artichoke by-product: a) and b)
untreated (two consecutive scans), and high hydrostatic pressure treated for 30 min at 50 ºC and c) 200 MPa, d)
400 MPa, e) 600 MPa. The relative positions of baselines in the ordinate axis are arbitrary. At the left side of the
thermogram, an event has been analysed as a glass transition: glass transition temperatures (TG), the midpoint of
the event, are included in the diagram. For alternative interpretations, see text. On the right side, an exothermic
enthalpic event (of unknown origin) has been identified and (To), (Tp), and (ΔH) are shown.

endothermic

a
b
c

Figure 4: Low temperature DSC thermograms of: a) water, b) 9%wt methylcellulose and c) 9.6%wt Avicel®
aqueous suspensions. Each sample was submitted to a cooling scan from room temperature to -50 ºC, followed by
a warming scan back to room temperature. Nucleation temperatures (Tn) of exothermic freezing events in the
cooling scans are noted in the diagram. Also, thermal data of ice melting endothermic events observed in
warming scans are shown: Tf, Tp and ΔH (for water). The effect of polysaccharides is shown in these parameters.

freezing temperature (Tf), and other temperatures describing the progress of the thawing process.
Such are peak temperature (Tp), the effective midpoint of the transition and end (endset)
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temperature (Te). Tf, which is decreased by the solute concentration, as described by Raoult’s Law,
should not be too affected by large polymers (being the number of molecules small). Here we see
some effect on this temperature which may be related to salts present in the used product.
Additionally, the area between the heat capacity curve and the extrapolated baseline is
proportional to the enthalpy involved in the process (ΔH). When it is compared with the weight
difference-measured water content and the 334 J/g thawing enthalpy of pure water, the fraction of
water actually frozen is obtained. The concept of bound water that used to be derived from this

ΔH 285.6 J g
Tf -1.40ºC

-1

-1

(W g )

a

endothermic

Tn -18.17ºC

Tn -18.90ºC

b

c

Tn -21.60ºC

Tp 6.96ºC

ΔH 267.3 J g
Tf -2.01ºC

ΔH 227.4 J g
Tf -5.10ºC

-1

-1

Tp 5.67ºC

Tp 2.04ºC

Figure 5: Low temperature DSC thermograms of aqueous solutions of trehalose of increasing concentrations: a)
3.7 %wt, b) 8.5 %wt and c) 21.6 %wt. Each sample was submitted to a cooling scan from room temperature to 50 ºC, followed by a warming scan back to room temperature. Tn of the exothermic freezing events taking place
in the cooling scans have been noted in the diagram. Also, the thermal data of the ice melting endothermic events
observed in the warming scans are shown: Tf, Tp and ΔH (for water). The effect of the increasing solute
concentration is shown as a decrease of nucleation and melting temperatures and the amount of water frozen.

-1

(W g )

endothermic

Tn -13.01ºC
first cooling

Tn -14.89ºC
second
cooling

second
warming:

ΔH 180.6 J g
Tf -1.44ºC
Tp 1.73ºC

first warming:
-1
ΔH 258.8 J g
Tf -1.19ºC
Tp 3.18ºC

-1

Figure 6: Low temperature DSC of a 15%wt aqueous suspension of native rice starch. Four consecutive scans
performed with the same sample are shown. First, the sample was taken from room temperature to -50 ºC. Then
it was warmed to 100 ºC. Afterwards, it was cooled down again to -50 ºC. And, lastly, warmed to room
temperature. In the two cooling steps, ice freezing exothermic events can be observed and Tn have been noted in
the diagram. In the two warming steps, the ice melting endothermic events are shown and their Tf, Tp and ΔH
(for water) are noted in the diagram. The difference between the first and second scan pairs is the (not shown)
gelatinization of starch, taking place when it was heated to 100 ºC. The differences observed in freezing
parameters are justified by the change of state of starch.
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fraction has been strongly criticised (Franks, 1983a, 1986). Actually, the supposedly bound water
population has been shown to have relatively high mobility (Franks, 1983b; Li et al., 1998). In this
work, the term “not frozen water” is consequently employed.
The frozen water ratio can be calculated here as 90% for methylcellulose (9.0%wt) and 86% for
Avicel® (9.6%wt). This parameter can be also taken as a proof of the interaction degree of the
polymer with the solvent, which can be of interests to predict behaviours (i.e. reactivity,
degradation rate).
Fig. 5 shows how smaller molecules, such as the disaccharide trehalose (strongly related to cold
stability of proteins and cells) acts on these three parameters, nucleation and freezing
temperatures and thawing (i.e., freezing) enthalpy. Tn is decreasing with the increase of trehalose
concentration, which is also causing the viscosity of the system to grow. Tf also decreases by the
mentioned “cryoscopic decrease”. Although this effect can analytically yield solute concentrations,
this is not possible for many real systems, such as those highly concentrated (not ideal) as those
employed here, or with several solutes and suspended substances coexisting. However, it is a
good estimation of the degree of carbohydrate-water interaction. ΔH, as in the previous case,
decreases with the solute concentration and so does the calculated frozen water
percentage:86%for the solutions at 3.7%wt, 80% for trehalose at 8.5%wt and 68% for solutions at
21.6%wt.
Starch is a particular case among polysaccharides presenting a well characterized endothermic
transition associated to its gelatinization process, where a mayor intra- and intermolecular
reorganization takes place with strong changes in their interactions with water. This transition is not
considered here, as it has been the subject of many studies before (for example, Teixeira et al,
2018). However, it can be used to illustrate the potential of DSC to elucidate the differences in the
interaction of polysaccharides with the surrounding water. In Fig. 6, a suspension of rice starch is
first frozen, then thawed and heated over its gelatinization temperature, to be finally frozen and
thawed again. The comparison of the freezing behaviour of water with native starch granules,
showing little interaction with water, and the strongly interacting gelatinized sample, are evident. Tn
decreases due to the viscosity increment, Tf is also decreasing and ΔH has a strong decrease
(from 77 to 54 %, in terms of frozen water).
Fig. 7. shows the same phenomenon for corn starch at different (high) concentrations and how
frozen water can decrease to values as low as 20% and ice nucleation is migrating nearly out of
the experimental conditions in the highly viscous system (see Figure text).

4. SOME PROBLEMS AND PRECISSIONS
DSC yields a useful set of parameters to characterize the state and interactions of polysaccharides
and carbohydrates in general. However, the information provided is not always easy to transform
to quantitative terms. As it has been mentioned, at concentrations relatively high, mixtures of
solutes and suspended particles often preclude analytical calculations.
It must be mentioned that ΔH should be ideally corrected to the equilibrium water freezing
temperature conditions (see Teixeira et al., 2013). This correction can be of some relevance,
especially if the degree of the amount of frozen water is important.
Fig. 8 shows the curious nature of the nucleation process itself. While to have separated water
droplets in the DSC pan yield a unique thawing event, the nucleation events can be different. This
is due partly to the stochastic nature of Tn and the nucleation process, and also reflecting the lower
nucleation probability on smaller water masses. Consequently, the effects observed on Tn must be
taken prudently, as their value is highly variable. Again, its area is not a sufficiently accurate source
for ΔH and the corresponding frozen water ratio.

5. CONCLUSIONS
DSC, either at high or low temperatures, particularly taking advantage of their effect on water
freezing behaviour, is a useful probe for the structural and interactive characteristics of molecules
apparently inert, such as many polysaccharides. Workers in this field would profit of the use of this
easy and widespread technique.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3146

-1

(W g )

endothermic

a

Tn -14.08ºC first cooling
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Figure 7: Low temperature DSC thermograms of a 36%wt (a) and 55%wt (b) aqueous suspension of native corn
starch. The experiments were performed as explained for Figure 6. The second cooling scan on the very viscous
55%wt starch sample is not showing, but, as it can be appreciated in the later warming scan water melting, it
presumably took place during the one minute waiting time separating cooling and subsequent warming scans.
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endothermi
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Figure 8: Pure water low temperature DSC thermograms. Water was carefully placed in the DSC pan as two
unequal size droplets. It was cooled (room temperature to -50 oC) and warmed back to room temperature. Tn of
exothermic freezing events and thermal data of ice melting endothermic event in the warming scan are shown:
Tf, Tp and ΔH (for water). Water in each droplet freezes separately but thaws in a single event.
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ABSTRACT
Related to food retail and food services in general, two clear market tendencies can be distinguished
nowadays: i) food retail is shifting towards smaller, specialized quality-based proximity and
convenience stores and ii) delivery-based food retail and catering services are substantially growing.
Both tendencies require even greater degrees of food product control temperature, quality standards
and food microbiology risk analysis, either for stored or transported foods. The aim of this paper is
to present two different indexes related to a) storage quality regarding drying conditions and b)
product shelf-life evolution based on storage temperature. Both indexes are part of a greater
connected data facility, using new cellular wireless technologies and internet of things (IoT)
concepts, such that the indexes are able to provide full traceability in real time, therefore
demonstrating and quantifying whether the food storage or transport conditions have abided optimal
quality standards and if microbiology hazards are under control.
Keywords: Air-Transport, Drying, Food Industry, Microbiological Quality, Quality.

1. INTRODUCTION
Food retail stores and catering services are nowadays addressing their quality standards only on
temperature monitoring, without any quantification of the impact of temperature-time and/or air
relative humidity on the food products. Moreover, it is often found that the food retail industry presents
an important lack of knowledge related to optimal refrigeration/storage conditions for specific
products, while air relative humidity is generally neglected. The lack of knowledge related to the
effects of variations with respect to the optimal conditions is seen in to directions:
 Effects of the storage temperature and air relative humidity (when different from optimal) on the
drying/weight loss rate of fresh products, therefore, on its water content and related
organoleptic and visual features, i.e. sensory characteristics.
 Effects of the storage temperature and time on the growth of microorganisms in perishable
products, therefore, on its microbiological quality, safety and general sensory characteristics.
Beyond the effects on both drying/weight loss and microbiological aspects of the perishable
products, another point of interest is the traceability of the cold chain and the compliance of HACCP
(Hazardous Analysis of Critical Control Points). Indeed, despite big efforts made by the industry in
the recent years, it is still not yet a common practice to consistently monitor and register storage
conditions all along the cold chain from the farm to the table. One of the most important barriers
related to this aspect is the still technical complexity of data management and connectivity, often
related to complex wired sensors networks, local databases and lack of accessible engineered frontends where all the information can be gathered and analysed (or when these current technical
solutions are still cost prohibitive for many applications). The still incipient IoT (Internet of Things)
technologies and practices can clearly provide interesting functionalities for this field, as the
independent internet connection of devices through cellular telecommunication networks allow a
comprehensive and flexible data management at reasonable cost. And most importantly, IoT allows
a monitoring that is feasible along the time and space that food product remains in the cold chain:
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including production, processing, transport and food-retail or food-service. Hence, the current paper
is presenting the indexes for food quality monitoring all along the cold chain, thanks to their
embodiment in connected IoT battery-operated wireless devices.
The indexes, under patent (Albets-Chico et al., 2019), quantify the impact of the cold chain on the
weight loss, organoleptic and microbiological quality of the food. Such information can be useful for
the cold-chain stakeholders to assess, improve and manage nominal cold-chain conditions (setpoints for temperature and air relative humidity); but also to react accordingly in front of incidences
concerning the cold chain conditions (deviations in time from both storage temperature and air
relative humidity conditions). The indexes, in their IoT embodiment, consequently represent a tool
for comprehensively improving both the design and HACCP (Hazardous Analysis of Critical Control
Points) processes for all the segments of the cold-chain.
The paper is organized as follows: Section 2 presents the definition of the indexes related to quality,
preservation and microbial growth of food products. Section 3 details the calculation methodology
for the indexes. Section 4 briefly explains IoT connectivity through Narrow Band technology. Section
5 presents some quantitative experiments and real case analyses using the presented indexes and,
finally, Section 6 summarizes the concluding remarks of this work.

2. INDEXES: DEFINITION
Two different indexes are presented. The first one, the so-called drying index DI is concerned to
food storage quality regarding drying conditions (effects of the temperature and air relative humidity
with respect to optimal conditions for a specific food product). The second index, the so-called shelflife index SLI, is related to the potential impact of microbial growth on the durability (shelf-life) of the
food product. As the reader may guess, both indexes quantify the relationship between the
actual/recorded storage conditions of the food products with respect their optimal or desired storage
conditions, which are associated with specific food categories.
2.1.

Drying index

The absolute evaporation (water mass transfer) from the food product towards the surrounding air
depends on the ambient temperature, ambient relative humidity and air velocity to which the food is
exposed. The drying index is defined as the actual evaporation rate (computed as evaporated water
in kg / m2 s) at the surface of the food product, with respect to the optimal evaporation rate; being
the optimal evaporation rate defined as the one at optimal temperature and air relative humidity
conditions, optimal temperature and relative humidity being in their turn tabulated in Handbooks, for
example (Thompson et al., 1996) for different kinds of food product.
Being the actual evaporation rate (mass transfer) defined as mta, and the optimal evaporation rate
(mass transfer) as mto, the drying index (DI) is defined by Eq. (1):

DI 

mt o
 100
mt a

Eq. (1)

The values for the DI range from 100 (when the actual rate is equal or lower than the optimal one,
as DI is limited to 100 points) and tends to 0, for an extreme evaporation rate, i.e. extreme drying
conditions; hence 100 points representing optimal conditions and 0 extremely drying conditions.
Additionally, in case the actual evaporation rate is much lower than that at optimal conditions (1/2
log smaller or less), index is also corrected as non-quantifiable “condensation risk”, since the
evaporation is too low and the food product is not able to transpire.
It must be noted that the DI index is a real-time index, hence with a single value for each monitoring
sample. Details about the computation of the mass transfer rate are given in section 3.1. A second
form of the index is the inverse of the DI, which represents the relative drying rate at the actual
conditions with respect to the optimal conditions, i.e. defines the acceleration rate of evaporation
mass transfer due to actual storage temperature and air relative humidity values. The drying
acceleration index (DA) is defined by Eq. (2).
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DA 

mt a
1
mt o

Eq. (2)

The values for the DA range from 1 x times (when the actual rate is equal or lower than the optimal
one) and tends to infinity x times, for extremely adverse drying conditions; hence when the DA takes
values greater than 1 x times, the indicator can be used as the multiplier of the actual storage time
to compute the effective drying time of the food product, had the food product been stored at optimal
drying conditions. For example, an apple stored 2 days with a DA = 4x will suffer the same weight
loss as an apple during 8 days at optimal conditions.
2.2.

Shelf-life Index

The shelf-life index of a food product depends on the temperature and the time that the product is
stored at such temperature. It can be modelled by an exponential equation, which is detailed in
section 3. The shelf-life reduction due to microbial growth depends on the foods and it is described
in several scientific publications, Food Safety Standards and Handbooks (Doyle, 1989; Food Code,
2013).
Being the elapsed shelf-life at a desired storage (set-point) temperature eslsp and the elapsed shelflife at a given temperature eslT (which considers the respective shef-life reduction in case
temperature T had been higher than the desired Tsp), the shelf-life index (SLI) is defined by Eq. (3):
eslsp
Eq. (3)
SLI 
 100
eslT
The values for the SLI, as they did for the drying index DI, range from 100 (when the elapsed shelflife is equal or shorter than the reference one, as SI is limited to 100 points) and tends to 0, for
extremely adverse storage conditions; hence 100 points representing reference conditions and 0
extremely aging conditions, i.e. indicating instantaneous food product deterioration. It is important to
mention that this index, as the previous DI is a real-time index, hence the elapsed time concept here
refers to a short period of time, of the order of minutes, typical sampling frequency of monitoring
systems. As already said, details about the computation of the shelf-life reduction and elapsed shelflife are given in section 3.2. A second form of the index is the inverse of the SLI, which represents
the relative aging velocity at the actual conditions with respect to the desired conditions, i.e. defines
the acceleration rate of microbiological growth due to actual conservation storage. The shelf-life
deterioration/acceleration SLA is defined by Eq. (4).

SLA 

eslT
1
eslsp

Eq. (4)

The values for the SLA range from 1 x times (when the actual conditions are at temperature Tsp or
lower) and tends to infinity x times, for an extremely adverse aging/microbial growth conditions;
hence when the SLA takes values greater than 1 x times, the indicator can be used as the multiplier
of the actual storage time to compute the effective (shelf-life based) storage time of the food product,
had the food product been stored at desired temperature conditions. For example, a pork-loin stored
3 days with a SLA = 3x will suffer the same microbial growth, and consequently the same shelf-life
reduction, as the same pork-loin during 9 days at reference temperature conditions.
In summary, both indexes can be expressed in two different forms: (i) a real-time percentile indicating
proximity to the optimal (in case of dehydration effects) or desired (in case of microbial growth)
conditions; and (ii) an acceleration term that represents a storage-time multiplier for the food product
in terms of weight loss or microbiological proliferation, respectively. While the percentile expression
helps identifying how far the current conserving conditions are from the reference/optimal ones (in
real-time), the acceleration indexes allow computing the effective storage time for the specific food
product for a given storage time. As the reader may guess, the same time and temperature might
produce different kind of results in the indexes depending on the food product. Hence, a specific
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temperature excursion for chicken might be critical, while the same temperature excursion might be
moderate for beef or pork, for example.

3. COMPUTATIONAL METHODOLOGY
3.1.

Computational methodology for the food – ambient water mass transfer

Evaporation mass transfer at both actual and optimal conditions must be calculated for determination
of DI and DA indexes. For both conditions, water mass transfer from food to bulk ambient is
computed in the same way and under the following assumptions: a) during refrigeration cycles air is
circulating half of the storage time (50% ON, 50% OFF) therefore evaporation takes place under
both forced and natural convection conditions; and b) typical air velocity is approximately 0.5 m/s for
the forced convection conditions. It must be pointed out that these specific conditions have a very
moderate effect on the drying indexes DI and DA, as the index is relative to the optimal conditions,
where the same assumptions concerning forced convection time and air speed are made, therefore
index DI and DA capture only effects of temperature and relative humidity with respect to optimal
conditions. Water mass transfer (mt) is then computed as defined by Eq. (6), capturing both natural
and forced convection situations:



mt  0.5  mt natural  0.5  mt forced



Eq. (6)

Both mt natural and mt forced are computed using Eq. (7), following methodology described in (Lienhard,
2008):
air
mt  hm  1 / iface
 (Y1  Y2 )

Eq. (7)

Being hm the mass transfer coefficient obtained by correlations as further down detailed, ρiface the
density of air at the interface food-ambient temperature, Y1 the water content in the bulk air and Y2
the water content of the food product, computed directly from its water activity (assumed generally
at 0.99, typical for fresh products) and the partial vapour pressure at the food product temperature
(water content of the food not detailed here for brevity). In its turn hm is obtained from the
dimensionless Sherwood number Sh, the characteristic length L (inversely proportional to that typical
of a food product of lXl, i.e. a flat plate of lxl, being l=10 cm assumed by this work) and δiface the
water diffusivity of air at the interface food-ambient temperature. Hence hm is generally computed
following Eq. (8) (Lienhard, 2008):
air
hm  ( Sh   iface
)/ L

Eq. (8)

The dimensionless Sherwood number Sh for the food product depends on the Rayleigh (Ra) or
Reynolds (Re) numbers, under natural (Eq. 9) or forced convection cases (Eq. 10) when computing
mt natural and mtforced, respectively. For a flat plate in both cases:

Sh  0.27  Ra 

1/ 4

Sh  0.664  Re

1/ 2

Eq. (9)

 S c 

1/ 3

Eq. (10)

Being Sc the Schmidt number not defined here for brevity. For closure, the Rayleigh and Reynolds
numbers are computed using Eq. (11) and Eq. (12), considering a flate plate (Lienhard, 2008):



air
air
 iface
Ra  9.81  bulk

  L 
1/ 2

3

air
/(  )iface

air
air
Re  ( D  v  iface
) /(  )iface
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Where v is the velocity, of approximately 0.5 m/s, as previously explained; µiface the viscosity, δiface the
water diffusivity and ρiface the density of air, all of them at the interface food-ambient temperature;
while ρbulk is the density of the bulk air, this is, at storage temperature.
Finally, the calculation of the food product temperature (which must be slightly lower with respect to
the bulk air temperature, as per latent heat effects of the evaporation) and the interface food-ambient
temperature (assumed as an average between the food and the bulk air temperatures) are computed
assuming a thermal equilibrium at the interface food- bulk ambient temperature. Precisely, latent
heat effects of the evaporation on the food product are balanced with the air sensible heat at the
air/product interface. Details about this calculation are here dismissed for brevity.
3.2.

Computational methodology for the reduced and elapsed shelf-life time of the food products

For the calculation of the SLI and SLA indexes in Eq. (3) and (4), elapsed shelf-life (esl) at both actual
and desired conditions are needed. As previously stated, several scientific publications and
Handbooks describe the evolution of the shelf-life for food products following simple kinetic reaction
approaches of the first order, typical for vitamin loss, oxidative colour loss or microbial growth, among
others (Villota and Hawkes, 1992). Such first-order quality functions are log or ln based; as microbial
growth rate increases exponentially with increasing storage temperature, reduction of the relative
shelf-life (rsl) at desired temperature Tsp when actual temperature conditions are defined by T can be
generally quantified as per Eq. (13) (Spencer and Baianes, 1964; Olley and Ratkowsky, 1973):

rsl  a  (T  Tsp )  1

b

Eq. (13)

Where T is the actual storage temperature and Tsp the desired storage temperature. Hence, Eq. (13)
allows to quantify the relative effect of a temperature excursion, when actual conditions match (or
are below) desired conditions rsl equals 1, i.e. no reduction of shelf-life takes place with respect to
reference storage conditions, being the function limited to values equal or greater than 1. Once the
reduction of the relative shelf-life (rsl) is computed for a given a & b coefficients (which depend on
the specific food product) the elapsed shelf-life (esl) is computed as per Eq. (14):

esl  time sample rsl

Eq. (14)

Where timesample is the typical monitoring time (i.e of the order of minutes). Then, eslsp will always
equals timesample as rsl =1. The value for rsl is equivalent to the SLA index defined by Eq. (4), although
for monitoring and averaging purposes, it is deliberately defined in such a way (being able to
integrate different sampling times with different thermal conditions over extended time periods).

4. NB-IOT CONNECTIVITY AT A GLANCE
NB-IoT is based on the concept of Low-power WAN (LPWAN), i.e. a wireless wide area network
technology that interconnects low-bandwidth, battery-powered devices with low bit rates over long
ranges. The aim of narrowband IoT (NB-IoT) is to provide cost-effective connectivity to billions of IoT
devices, supporting low power consumption, the use of low-cost devices, and provision of excellent
coverage – all rolled out as software on top of existing LTE, this is to say, existing telecommunication
infrastructures. Consequently, NB-IoT technology presents very important features for the
application in consideration (food quality monitoring), most importantly: its wide area with ubiquitous
coverage and related low power consumption (up to 5-10 year battery life). Both assets allow to use
battery-powered devices, therefore being able to be placed next to the food products moving
together all along the cold chain. More information about this connectivity technology can be found
at (NB-IoT White Paper, 2019), for instance.
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5. ILLUSTRATIVE EXAMPLES. APPLICATION OF INDEXES
Two different illustrative examples are presented. Section 5.1 shows the application of the DI and
DA indexes related to storage of apples and their related weight loss. Section 5.2 presents the
potential aging effects of a supermarket poultry display.
5.1.

DI & DA indexes application for apple storage

An application of the drying indexes is carried out by an apple storage test. 20 apples were
purchased from a food retailer, avoiding samples at store display, the apples were taken directly
from the food retailer cold rooms. Apples were put into two groups of 10 apples each: refrigerated
and unrefrigerated. The unrefrigerated group was kept at room temperature/air relative humidity for
17 days, while the refrigerated group was kept inside a cold-room under controlled temperature and
air relative humidity for the same exact period of time. A wireless NB-IoT connected device was used
to monitor both %RH and temperature, as seen in Fig. 1 (a) for the unrefrigerated group.

(a)

(b)

(c)

(d)

Figure 1: a) Monitoring device for the unrefrigerated apples group; b) Refrigerated apple sample at
day 16; c) Unrefrigerated apple sample at day 16; d) Monitoring device for chicken display at
supermarket

%RH

Fig.2 presents temperature and %RH for both groups. As seen, despite the refrigerated group could
not always reach desired relative humidity set-point, as apples optimal conditions are between 0 –
2ºC, 90- 98% RH. (Thompson et al., 1996), both temperature and humidity were much closer to
optimal conditions with respect the unrefrigerated group. The unrefrigerated group suffered low and
very low relative humidity values (ranging from 20% to 50%).
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Figure 2: Storage conditions for the storage apple test. %RH (above) and Temperature (below)

Fig. 3 shows the corresponding DI indexes for both groups. As expected, the refrigerated group,
despite not reaching 100% during all time, is related to a much higher DI index. It is interesting to
see how, during weekends and nights (as the humidifier was not working) the DI index dropped from
values around 90-100 to values around 40-50 due to inappropriate %RH. Indeed, Table 1 displays
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DI index

the average (during 2 weeks) numbers for DI and DA indexes, as well as the weight loss for the two
groups, also seen in Fig. 4.
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Figure 3: Drying Indexes (DI) for the refrigerated and unrefrigerated groups of apples.
Table 1. Relationship between DA indexes and apple weight loss
Apples

DI (%)

DA(x times)

REF
UNREF

58.62
6.99

1.71
14.31

Day 2 avg. Day 16 avg.
weight (g)
weight (g)

255.3
255.4

253.1
246.4

Weight
loss (%)

0.5%
4.2%

DAUNREF / (Weight-loss)UNREF/
DAREF
(Weight-loss) REF

8.37

8.31

258
257

Avg Apple mass (g)
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Figure 4: Weight loss due to drying effects for both refrigerated and unrefrigerated apple groups.

Table 1 shows a remarkable weight loss for the unrefrigerated set of apples, losing 4.2% of mass in
two weeks (from day 2 to day 16). On the other hand, the refrigerated group of apples only loses
0.5% of the total mass at day 16. Hence, the unrefrigerated group has lost, in the same period of
time, around 8.31 times the relative mass lost by the refrigerated one. It must be underlined that the
relationship between DA indexes (8.37) perfectly agrees with this experimental number, showing
how the DA index is capable of measuring the acceleration of mass transfer due to storage
conditions. Equivalently, the ratio between indexes indicates the relative weight loss between the
two groups during the same storage time. The visual appearance of two samples after 16 days of
test can be seen in Fig. 1 (b, c). Finally, it has to be pointed out that the reference weight for this
analysis was the mass recorded at the second day, as the refrigerated group increased its mass due
to an unexpected rehydration process once stored under controlled %RH. The ability of the apples
to capture and retain more water once stored in adequate air relative humidity conditions, even after
being purchased, also demonstrates how commercial refrigeration retailers generally neglect %RH
aspects along the cold chain.
5.2.

SLI & SLA indexes application for chicken storage

An application of the SLI and SLA indexes for microbial growth analysis is presented in this section.
A NB-IoT connected monitor was installed in a refrigerated display cabinet for poultry in a
supermarket in Seville (Spain), as shown in Fig. 1(d). Temperature and SLI are displayed by Fig. 5
(a). The food retailer expected the refrigerated cabinet to be at 4ºC, expecting at least 3 days of
shelf-life in the supermarket. This is consistent with an expected 5 days shelf-life for chicken at 4 ºC
(Stoecker, 1998), assuming the product has lost some shelf-life in previous steps of the cold chain.
Until day 13th the average SLI was 95%, so a slight 1.05 acceleration aging took place. As seen, on
July 13th the refrigerated display had a technical problem (defrost did not disconnect) around 9:30
AM, rapidly rising its temperature. From inspection of the elapsed effective time after the incident
(esl) = SLA x registered time – displayed in Fig. 5(b) - it is seen that around 11:00 AM the aging of
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the product reached 2 effective storage days since the incident, while at 12:00PM it reached the
maximum allowed by the food retailer (3 days at 4ºC). Due to alarms triggered by the connected
monitoring device, the supermarket was rapidly notified about the cold chain break and the SLA index
provided valuable information for the decision-making, considering the potential risk signalled and
quantified by the system.
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Figure 5. a) SLI and Temperature at the chicken refrigerated display; b) elapsed time
since the incident (SLA x registered time).

6. CONCLUSIONS
Two quality indexes (under patent Albets-Chico et al., 2019) concerning food storage have been
presented. The indexes quantify the effects of temperature and air relative humidity on the food
products. The drying index DI is able to quantify the drying/weight loss impact of the storage
conditions on the products, while the shelf-life index SLI is a support tool to evaluate effects of timetemperature on microbial growth. Both indexes are delivered as a part of a monitoring wireless NBIoT connected device, which allows the proposed food quality monitoring to be integrated all along
the cold chain with affordable costs for the industry.
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ABSTRACT
This paper investigates how refrigerated display cabinet airflow design can enhance temperature
distribution and potentially reduce food waste. Conventional refrigerated retail cabinets have a
single column of cold air from the top to the bottom of the merchandising envelope. By contrast
separating the retail space into individual cells, each with its own shorter air-curtain reduces
infiltration and improves temperature control.
The quality and safety of bagged salad over an extended display period was evaluated in a
conventional and multiple short air-curtain cabinet. At the end of the test period there was a visible
difference in cabinet temperature and relative humidity, which had a direct impact on the salad
organoleptic quality and microbiological safety. The temperature band was 11.2ºC and 5.4ºC in the
conventional and multiple air curtain cabinets respectively, resulting in a higher degree of salad
wilting and shrivelling and an increase on total yeast counts on the conventional cabinet.
Keywords: Refrigeration, Food Quality, Retail Display Cabinet, Air Curtain, Temperature stability

1. INTRODUCTION
Food waste has a considerable environmental and economic impact. According to a study
commissioned by the Food and Agriculture Organization of the United Nations about one third of
food produced worldwide is wasted, accounting for a total 1.3 billion tonnes (FAO, 2013). It is
estimated that the UK retail sector is responsible for 0.25 Mt of food waste every year (WRAP,
2015). An effective cold chain is fundamental to maintain both food safety and quality as
refrigeration significantly reduces the rate of growth of pathogens and spoilage organisms and
slows down physiological (e.g. ripening), biochemical (e.g. pigmentation) and physical processes
(moisture loss) within food products (Gwanpua et al., 2015).
Fresh vegetables are living tissues that undergo respiration and transpiration processes, which
dramatically affect product quality and the rate of these processes is greatly affected by
temperature. During respiration oxygen is consumed and sugar is converted into CO2, water and
heat energy. The heat of respiration increases with temperature resulting in metabolic changes in
composition, texture and colour. Loss of moisture due to transpiration where there is loss of water
vapour from the living tissues results in wilting and shriveling, two obvious signs of lost freshness
(ASHRAE, 2006). Leafy vegetables such as iceberg and romaine lettuce, baby leaf lettuce and
spinach are particularly sensitive to temperature abuse. It is recommended that fresh leafy
vegetables are kept below 5°C at all times throughout the cold chain to ensure food safety. The
recommended shelf life for lettuce (iceberg and romaine, chopped, shredded and whole leaf) and
spinach (whole and cut leaves) is 6 days (when packaged in air) (FAO/WHO 2008).
A European survey on open refrigerated display cabinets showed that cabinet temperatures range
from -2.2 to 12.2°C (EFSA, 2007). Evans et al. (2007) further reported that the majority of high
temperature abuse (97%) was located at the front of the open-refrigerated display cases (closest to
the aisle) and that refrigeration systems and designs of retail displays were not sufficient to keep
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temperature or humidity within recommended ranges. Furthermore, temperature profiles in
commercial retail displays showed large variation depending on location of the products in the
displays (Nunes et al. 2009). Kou et al. (2014) studied the refrigerators temperature profile and its
impact on the product quality of baby spinach. They showed that many of the food-products in an
open display cabinet are cooled below freezing. This can cause ice-crystal formation and freeze
damage of the products. The average temperature differential within the refrigerator was found to
be 7.3ºC and many of the products located at the front of the cabinet were not cooled sufficiently.
A common way to distribute cool air in a multi deck display cabinet is through perforated plates in
the rear of the cabinet, and in the front of the cabinet is an air curtain. Air is blown out of the back
panel between the shelves to cool the load and stabilise the air curtain and enable a lower
discharge velocity to be used for the air curtain. Typically the air velocity between the shelves will
be 0.05 to 0.4 m.s-1, 3 to 5 times less than that of the air curtain (Axell et al., 1999). Significant
research has been carried out to determine the ratio of back panel flow to air curtain flow. Gray et
al. (2008) claims that 70% of the air circulated should be used to supply the curtain and 30% of the
flow should be discharged through the back panel for the best results. More recently Wu et al.
(2013) conducted similar investigations using Computational Fluid Dynamics and experimental
techniques, they found that the optimal split was still approximately 70/30.
The air curtain of an open display refrigerator is a turbulent plane jet of air that seals the
refrigerated retail space from the ambient air. The momentum created by the air curtain provides a
non-physical barrier against heat and moisture, while facilitating easy access for customers. The
amount of heat and mass transfer across the air-curtain is directly affected by the initial velocity,
turbulence intensity and the length of air-curtain and width of the jet (Pitchers et al., 2018). The
best performing air-curtain will be one with the minimum required velocity to completely seal the
product space. An air-curtain with an initial velocity that is too slow will not have sufficient
momentum to seal against the ambient air and will allow excessive heat and moisture to infiltrate
into the cabinet. An air-curtain that has an initial velocity that is much higher than required will
experience an increased amount of viscous mixing between the still ambient air and the fast
turbulent jet of air; this process of viscous mixing is referred to as entrainment.
Shorter air-curtains will require less minimum velocity to seal against the ambient air and will thus
entrain much less heat and moisture into the cabinet resulting in a reduction in the refrigerated
energy consumption. If short air curtains were to be utilized, a stable air curtain can be created
using a slow velocity and so the problematic back panel flow can be eliminated. The elimination of
back panel flow will then enable better temperature control independently of cabinet loading
(Hammond et al. 2016).
Short air curtain technology works by dividing the refrigerated display area into separate airflow
managed cells with short, stable air columns. Each cell has its own air curtain, which is more
efficient than the full height air curtain on a conventional retail display refrigerator. The net result is
less pressure on the air curtain of each cell, reduced entrainment rates, and a substantial reduction
in cold air spillage from the cabinet (Wood, 2013). As a result, energy efficiency and product
temperature control is improved.
This paper investigates how cabinet airflow design can enhance temperature distribution and
potentially reduce food waste. In order to achieve this, the quality and safety of bagged salad over
an extended display period was evaluated in both a conventional refrigerated retail cabinet and
cabinet with multiple short air-curtains.

2. MATERIALS AND METHODS
The cabinet tests described in this paper were carried out at Adande’s test facility in Lowestoft. All
Adande test chambers comply with the ISO 23953:2015 specifications. Ambient and product
temperatures were recorded using PT100 temperature probes with an accuracy of ±0.2ºC,
readings were recorded every 15s. Relative humidity was recorded using humidity sensors with an
accuracy of ±3%, readings were recorded every 60s.
The ambient conditions in the test rooms were controlled to climate class 3 (25°C, 60% relative
humidity) and measured in front of each cabinet following the ISO 23953-2:2015. Cabinet A
(multiple air curtain technology) was set up in test room 1 and cabinet B (conventional single air
curtain) was set up in test room 3.
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Each cabinet was loaded with bagged salad in the following locations: top shelf left (6 bags),
middle shelf centre (6 bags), bottom shelf right (6 bags). The salad bowls were placed in the
following locations: top shelf right (6 bowls), middle shelf centre (6 bowls), bottom shelf left (6
bowls). The intermediate shelves had 7 bags/bowls for microbiological samples (one replicate per
day). The remaining space was filled with test packages. Measurement packages were placed in
the top, middle and bottom shelves at the front and back of each shelf to give an indication of
product temperature. The m-packs and test packs have the same thermal properties as lean beef.
Dataloggers were placed on the centre of top, middle and bottom shelves to record cabinet air
temperature and relative humidity over the 7-day display period.
Figs. 1 and 2 show the multiple air curtain technology (cabinet A) and conventional cabinet
(cabinet B) loading respectively.

Figure 1: Cabinet A

Figure 2: Cabinet B

The baby leaf salad bags and house salad bowls displayed in both cabinets were photographed at
the beginning of the trial (day 0) and days 5 and 7 to monitor product appearance.
The baby leaf salad bags contained baby iceberg lettuce; baby spinach and red Batavia, whilst the
house salad bowls contained a mix of crisp iceberg and romaine lettuce, cherry tomatoes,
cucumber, red onion and radish. An organoleptic assessment of the salad bags/bowls was carried
out on day 7 following the food scoring system illustrated in Fig. 3.

Figure 3: Nine-point bipolar food scoring system
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3. RESULTS
3.1.

Temperature Stability

Table 1 shows a comparison of the air temperature and relative humidity in both cabinets.
Table 1: Average air temperature and relative humidity in cabinets A and B

Air Temperature (ºC)

Probe location

Relative Humidity (%)

Cabinet A

Cabinet B

Cabinet A

Cabinet B

Top Shelf Centre

4.02

5.06

79.76

80.90

Middle Shelf Centre

2.60

7.98

89.06

70.61

Bottom Shelf Right

3.71

11.52

87.99

68.69

The air temperature in the multiple air curtain cabinet (cabinet A) was on average 1 to 7.5°C cooler
than the conventional cabinet (cabinet B) and the relative humidity was 9% higher in cabinet A.
Figs. 4 and 5 show the measurement packs temperature during the test in cabinets A and B
respectively.

Figure 4: Temperature stability in cabinet A

Figure 5: Temperature stability in cabinet B

As can be seen in Fig. 4 the product temperature in the cabinet A was controlled within a tight
band throughout the trial period and the average packs temperature was 3.71°C. The temperature
in the conventional cabinet B was considerably wider compared to cabinet A with temperatures
between 2.23°C and 13.46°C. The average packs temperature was 7.28°C in cabinet B.
3.2.

Baby Leaf Salad Bags Quality

The baby leaf salad quality on day, the last day of the use by date is shown in Figs. 6 and 7.

Figure 6: Day 5 – Baby leaf salad

Figure 7: Spinach from cabinets A and B
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There was a higher degree of shrivelling in the baby leaf salad displayed in the conventional
cabinet compared to the multiple air curtain cabinet on day 5. The spinach displayed in the
conventional cabinet had turned yellow and there was moisture at the surface of the leaf, the
spinach displayed in th cabinet A was still green on the last day of its use by date.
The baby leaf salad on day 7, two days after the use by date is shown in Figs. 8 and 9.

Figure 8: Day 7 – Baby leaf salad in bags

Figure 9: Day 7 – Baby leaf salad leaves

On day 7 there was visible cellular breakdown on the red Batavia stored in the conventional
cabinet demonstrated by the red tinged water accumulated in the bag (see Figure 8).
3.3.

House Salad Bowls Quality

The house salad on day 5, one day after the use by date is shown in Figs. 10 and 11.

Figure 10: Day 5 – House salad

Figure 11: Radish from cabinets A and B

The house salad in cabinet B was very wet, lacked body and the radish was dry. Figs. 12 and 13
show the salad on day 7.

Figure 12: Day 7 – House salad

Figure 13: Radish, cucumber and tomato
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There was significantly more volume on the house salad displayed in the cabinet A compared to
the salad displayed in the conventional cabinet B after 7 days. Cabinet A had crip lettuce and
cucumber, firm tomatoes and a clean aroma, whilst the conventional cabinet had limp lettuce, soft
slimy cucumber, soft tomatoes and a musty green earthy aroma.
3.4.

Organoleptic Assessment

Figs. 14 and 15 show the baby leaf salad overall finished quality score after a day 7 display period
in cabinets A and B respectively. The back diamonds indicate the m-package temperature in each
shelf location.

Figure 14: Organoleptic assessment: cabinet A

Figure 15: Organoleptic assessment: cabinet B

The total quality score (appearance, texture and flavour/aroma) of the baby leaf salad in cabinet A
was equal to or above 60%, which indicates a marginal difference from target. The only case
where the appearance was rated low (25%) was on the top front shelf bag, which was the warmest
point in the cabinet.
As can be seen in Figure 15 the baby leaf salad overall quality in the conventional cabinet was
rated above 60% in the top shelf which had an average air temperature of 5.06°C. However, the
middle and bottom shelves show a considerable deterioration in quality on day 7 with a score of
25% in some positions within the selves, which indicates a significant difference from target. The
average air temperature in the middle and bottom shelves was 7.98°C and 11.52°C respectively.
Similar results were obtained for the house bowls salads: overall quality score for the salad
displayed in cabinet A was 68% compared to 44% on cabinet B.
3.5.

Microbiological Tests

Figs. 16 and 17 show the total viable counts (incubated at 30°C for 48 h) and the yeast growth in
the samples of baby leaf salad displayed in both cabinets.

Figure 16: Total viable counts in baby leaf salad

Figure 17: Yeast count in baby leaf salad
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As can be seen in Fig. 16 the total viable counts (TVC) were consistently higher in the baby leaf
salad bags stored in the conventional cabinet compared to the multiple air curtain cabinet. The
highest TVC in cabinet A was 5.0 x 107 cfu/g compared to 2.8 x 108 cfu/g in cabinet B.
Fig. 17 shows a substantial difference on the total yeast count between the multiple air curtain and
conventional cabinet. By day 5 (use by date) there was 1.6 x 104 cfu/g in cabinet A compared to
3.0 x 105 cfu/g in cabinet B (the yeast count was 18.8 times higher in cabinet B). Figs. 18 and 19
show the total viable counts and the yeast growth in the samples of the House salad displayed in
cabinets A and B.

Figure 18: Total viable counts in House salad

Figure 19: Yeast count in House salad

Again, the total viable counts in the house salad bowls were consistently higher in cabinet B
compared to cabinet A. By day 3 (one day before the use by date) the total yeast on the salad
displayed in the conventional cabinet was 70 times higher than on cabinet A, 2.8 x 105 cfu/g and
4.0 x 103 cfu/g respectively.

4. CONCLUSIONS
The multiple air curtain technology showed a significant improvement on temperature stability
compared to a conventional single air curtain cabinet with temperature spans of 5.4ºC and 11.2ºC
respectively. The relative humidity was also 9% higher on the multiple air curtain cabinet.
There was a significant difference in salad quality at the end of the display period in both cabinets.
By day 5, which was the use by date for the baby leaf salad there was a higher degree of wilting
and shrivelling in the lettuce and spinach displayed in the conventional cabinet compared to the
multiple air curtain cabinet. The spinach in the conventional cabinet was yellow and moisture
pooled at its surface indicating a clear loss in freshness. The house salad displayed for 5 days in
the conventional cabinet was very wet and was lacking body compared to the one displayed in the
multiple air curtain cabinet, which only showed slight leaf damage.
By day 7, two days after the use by date for the baby leaf salad and three days for the house salad
there was a more pronounced difference in quality between vegetables displayed on both cabinets.
Cellular breakdown on the red Batavia lettuce tinged the water red on the bags stored in the
conventional cabinet, which did not occur on the multiple air curtain cabinet. The baby leaf salad
displayed in the middle and bottom shelves of the conventional cabinet scored below 25% in the
organoleptic assessment showing a clear deterioration in quality, which is directly correlated to the
higher average storage temperature of 7.98ºC and 11.52ºC respectively. The baby leaf salad in the
multiple air curtain cabinet was rated equal or above 60% in all shelves.
The house salad displayed on the multiple air curtain cabinet generally had more volume and less
leaf damage compared to the conventional cabinet. The overall house salad quality was rated at
68% in the cabinet A and 44% in cabinet B.
The total viable counts in the baby leaf and house salad were consistently higher in the
conventional cabinet. The total yeast count was 70 times higher on the house salad displayed in
the conventional cabinet one day before its use by date.
Overall the test results show a clear difference on salad quality and microbiological safety between
the multiple air curtain and conventional cabinet, which can be correlated to the storage
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temperature within each cabinet. Additional testing is required to determine if the multiple air
curtain technology can increase the shelf life of leafy vegetables by one extra day.
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ABSTRACT
Sorbet is a complex multiphasic system composed of a dispersion of ice crystals and air bubbles
inside a concentrated liquid matrix. The functional properties and quality attributes of the finished
product are mainly related to ice crystal and bubble size distributions. These latter are strongly
dependent on operating conditions and also on the formulation. The use of a non-destructive 3D
imaging technique is a real advantage for a better visualization and understanding of the frozen
microstructure.
In this study, X-Ray microtomography coupled with a cooling stage was used to visualize and
quantify at negative temperature the sorbet microstructure after freezing. An image analysis protocol
was developed to segment frozen phase from unfrozen matrix. The resulting images allow the
determination of ice and bubbles size distribution and show the influence of the formulation on the
sorbet microstructure.
Keywords: Freezing, Sorbet, Microstructure, Microtomography.

1. INTRODUCTION

Sorbet is a frozen fruit juice with high sugar content stabilized by gum stabilizers (Marshall et al.,
2003). The mixture consists of air bubbles and ice crystals dispersed in a matrix with high
concentrations of sugars and stabilizers.
Before freezing, the mixture of ingredients (called ‘mix’) contains an average of 70%wt of water,
almost 30%wt of sugar (sugars contained in fruit juices and added sugars) and up to 0.5%wt of
stabilizers (Arbuckle, 1986; Marshall and Arbuckle, 1996; Stogo, 1998; Clarke, 2004). Industrial
processing of sorbets comprises three stages: preparation of the mix (mixing of ingredients,
pasteurization and ageing), freezing and hardening. The freezing step takes place in a scraped
surface heat exchanger (SSHE) or freezer, and is the core of the manufacturing process. The mix
enters the freezer at approximately 4 °C and is converted into sorbet by simultaneous aerating,
freezing and mixing to generate ice crystals and air bubbles while the matrix is continuously
concentrated into sugars and stabilizers and becomes increasingly more viscous (Clarke, 2004). At
the outlet of the exchanger, the sorbet contains an average of 40%wt of ice while the concentration
of sugars and stabilizers in the unfrozen matrix is almost double that in the original mix. Its final
temperature is between -5 °C and -6 °C (Marshall et al., 2003).
The stabilizers usually used in sorbets are natural polysaccharides (Thombare et al., 2016). The first
purpose for using them is to increase mix viscosity and to produce smooth texture. The presence of
stabilizers also facilitates the incorporation of air and the pumping and filling of the molds after the
freezing step. During conservation and storage, stabilizers slow down the melting and growth of ice
crystals. They also slow down the migration of water and stabilize the formed foam (Arbuckle, 1986;
Marshall et al., 2003; Clarke, 2004).
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The influence of the formulation and especially of stabilizers on crystallization during the freezing
step (initial size of the ice crystals and the amount of frozen water) is still the subject of debate in the
literature and depends on the type of polymer or the type of freezing process applied.
Most of the studies published about this subject were performed using microscopic techniques: LTSEM (Low Temperature Scanning Electron Microscopy) or optical microscopy. These techniques
are useful to image the microstructure but present several drawbacks: some are invasive and require
denaturing the product (for example by replacing the ice crystals with a resin or after a freeze-drying
step) and all allow only a two-dimensional visualization of the sample.
Using these techniques, several authors have shown an effect of the stabilizers on the size of ice
crystals formed during the freezing of a mix (Fernandez et al., 2007, Thiebaud et al., 2002, Goff et
al., 1993, Park et al., 2006). Other studies conclude that stabilizers have no effect on the size of the
crystals of frozen products. (Buyong and Fennema, 1988; Flores and Goff, 1999; Bolliger et al.,
2000; Yuennan et al., 2014).
A small number of studies deal with the analysis of frozen desserts (ice cream or sorbet) using 3-D
imaging techniques, such as X-ray micro-computed tomography (X-ray micro-CT). This technique
generates a series of X-ray radiograph shadows of the material acquired from different angles that
depend on material properties such as density and thickness. 3D images are then reconstructed
from these radiographies. This technique can be non-invasive and non-destructive when no
substantial sample preparation is used. In the case of frozen foods, this means that the sample is
observed at frozen state without any prior preparation. As far as we know, the influence of stabilizers
on the size and morphology of ice crystals has not yet been studied using X-ray micro-CT. Pinzer et
al. (2012) observed the effect of a change in temperature on the size of ice crystals and air bubbles
in ice cream by using X-ray tomography with the help of a contrast agent. More recently, Guo et al.
(2017 and 2018) described the influence of temperature cycles on the size and morphology of ice
crystals and air bubbles in ice cream using synchrotron X-ray tomography technique.
The objective of the present study was to visualize, characterize and quantify 3D ice crystals and air
bubbles in a frozen sorbet using a high-resolution X-ray micro-computed tomography. Sorbet mixes
containing respectively only water and sucrose, and water, sucrose and one hydrocolloid as
stabilizer (hydroxypropylmethylcellulose) were formulated and frozen in a batch SSHE. Frozen
samples were analyzed by X-ray micro-CT technique directly at frozen state by using a cooling stage.
Ice crystal size distributions and air bubbles size were obtained for the different formulations.
2. MATERIALS AND METHODS
2.1.

Products

Hydroxypropylmethylcellulose (HPMC) was purchased from Dow®. Its viscosity was evaluated at
about 4000 cP (2% in water at 20 °C). It contained between 19 and 24% of methoxy groups and
between 7 and 12% of hydroxypropoxy groups. Sucrose was purchased from Béghin Say®.
Solutions were prepared with deionized water (conductivity 17 μS.m-1) to ensure constant quality of
water.
2.2.

Preparation and Freezing of the Mixes

In order to simplify the composition of the mixes and to study specifically the effect of the stabilizer,
only sucrose was used as sugar. The initial concentrations of sugar and stabilizer were close to that
usually found in commercial solutions: the mix contained 25%wt of sucrose and 0.315%wt of HPMC.
A control sample without stabilizer was also formulated.
Mixes were prepared by dispersing sucrose and HPMC in water at ambient temperature under strong
stirring. The solution was then cooled at 4 °C for at least 12 hours before freezing. This ageing step
allowed the complete solubilization, hydration and expansion of polymer molecules in the solvent
(Clarke, 2004). The mixes (800 ml) were frozen in a batch domestic scraped surface heat exchanger
(Magimix® Gelato Expert). Frozen samples were placed in a plastic straw (6 mm of diameter, 2.3
cm long) and put in a freezer at -20 °C for 24 hours. Three straws were prepared per condition.
2.3.

X-ray Microtomography Analyses
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For the two mixes studied (the control mix and the stabilized mix), the three frozen samples were
analyzed by X-ray micro-CT (RX Solution DeskTom 130®, Chavanod, France). The straws were
previously placed in a cooling stage consisting in a cylindrical double jacket box containing a frozen
phase change material, in order to maintain the sample temperature at -20 °C during the scanning
time. The cylindrical box was surrounded by polystyrene foam (1 cm of thickness) for isolation.
Samples were positioned in the micro-CT so that their middle part is analyzed with a voxel resolution
of 8.89 µm. 896 projection images were captured over a 360 ° rotation with a step size of 0.4 °. The
system was operating at a X-ray tube voltage of 50 kV and a current intensity of 160 µA. The total
scanning time per sample was 13 min.
XAct 2® software (RX Solution, Chavanod, France) was used to reconstruct 3D volume from raw
images using the filtered back-projection algorithm and applying ring artifact filter and phase contrast
correction for better image quality. From this volume reconstruction, more than 1100 slices were
provided in 16-bits resolution.
2.4.

Image Processing

After micro-CT acquisition and 3D volume reconstruction, data were loaded on Avizo 9.1.1® software
(FEI VSG, Bordeaux, France) for image analysis. As the whole volume image also includes the wall
of the plastic straw and elements that are not part of the sample, a cubic sub-volume (32.8 mm3)
was cropped at the center of the reconstructed 3D volume.
In the selected sub-volume, images of frozen samples revealed three main materials from low to
high density: air bubbles (dark), ice fraction (intermediate gray) and unfrozen matrix which consists
of the remaining unfrozen liquid water containing sugars and stabilizers (light gray). Images were
segmented thanks to the level of attenuation of these three materials.
Once the image has been segmented, only the ice phase or the air phase was kept for further image
processing. Objects in contact were separated using a watershed algorithm. For the data analysis,
crystals or bubbles in contact with the sub-volume walls were suppressed. At the end of the image
processing, a three dimensional view of the phase of interest was obtained. Data were then exported
to Excel® to analyze ice crystals or air bubbles size distribution and volume fraction of these two
phases.

3. RESULTS
3.1.

Image Analysis

The raw images obtained in X-ray microtomography (images (a) of figs. 1 and 2) show, as explained
in section 2.4, that the three constituent phases of the sorbet have different attenuation levels. They
therefore appear in different gray levels: the air is in black, the ice phase in dark gray and the
cryoconcentrated matrix containing sugars and stabilizers appears in light gray. As a result, phase
separation is possible and a range of gray levels is assigned to them.
Once the three phases are characterized by their gray levels, it is possible to select only one of them
for further processing; this corresponds to the segmentation step as shown on Figs. 1b and 2b.
During this step, the selected phase is visible in blue and the sum of the two other phases appears
in black. For example, in the case of Fig. 2b, the frozen phase appears in blue while the air and the
unfrozen matrix appear in black, it is then no longer possible to distinguish them one from the other.
As this first step of the image processing does not allow to separate each crystal or air bubble from
its neighbor, a step of watershed is then applied. The result of this step is shown on Figs 1c and 2c.
Then, the elements that are in contact with the edges of the selected sub-volume are removed thanks
to an algorithm called Borderkill.
Finally, ice crystals and air bubbles data were exported to Excel® to analyze their size distribution.
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(a)

(b)

(c)

Ice
Air
Cryoconcentrated matrix

100 µm

100 µm

100 µm

Figure 1: Image processing of the ice phase on one slice of the HMPC sample:
(a) Raw micro-CT image
(b) Segmented binary image: ice phase appears in blue
(c) Image obtained after applying watershed algorithm

(a)

(b)

100 µm

100 µm

(c)

100 µm

Figure 2: Image processing of the air phase on one slice of the HMPC sample:
(a) Raw micro-CT image
(b) Segmented binary image: air phase appears in blue
(c) Image obtained after applying watershed algorithm

(a)

(b)

Figure 3: 3D representations of ice crystals (a) and air bubbles (b) in the stabilized sample (HPMC).
The volume of the cube is equal to 32.8 mm3
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Fig. 3 represents the 3D visualization of the ice crystals (fig. 3 (a)) and of the air bubbles (fig. 3 (b))
in the case of HPMC sample. Each element is represented with a different color from the neighboring
particles. This visualization mode makes it easy to visualize the spatial distribution of ice crystals
and bubbles. The ice crystals seem to be uniformly distributed in size and number and their shape
seems to be ovoid (Fig. 3(a)). In the case of the sample stabilized by the HPMC, there is a very large
number of air bubbles whose size and space distribution seems relatively homogeneous. This result
is not surprising; the HPMC is a stabilizer with surfactant properties: the molecules are attached to
the interfaces between the air and other phases and stabilize the bubbles. Finally, the air bubbles
seem to be smaller than the crystals and seem to be located between the crystals. Further analysis
of the data extracted from the image processing will confirm these observations (section 3.2).
3.2.

Data analysis

The processing of the images section allowed to individualize the elements of a segmented phase.
Several parameters concerning each element can then be obtained: volume, equivalent diameter,
sphericity etc. In the context of this study, it was therefore possible to collect and process data
concerning ice crystals and air bubbles.
Fig. 4 shows the cumulative distribution of ice crystal sizes in control and HPMC stabilized samples.
The equivalent diameter is defined as the diameter of a sphere with the same volume as the particle
of interest (crystal). For each system studied, two distributions are shown to illustrate the
repeatability. In both cases, the superposition of the curves is satisfactory, so the analysis technique
employed seems particularly repeatable. Regarding the differences between the two mixes, it seems
that the ice crystals are slightly smaller in the case of the stabilized mix than in the case of the control
mix. The crystals ice size is distributed between 50 and 350 µm.
100
90
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80
70
60

Control 1

50

Control 2

40

HPMC 1

30

HPMC 2

20
10
0
0

100

200

300

400

Equivalent diameter (µm)
Figure 4: Cumulative distributions of equivalent diameters of ice crystals in the two samples. For
each composition (control or HPMC), two replicates are shown

The mean and median equivalent diameters and the volume fractions of the ice crystals and air
bubbles were calculated. The values are given in Table 1 for ice crystals and in Table 2 for air
bubbles. Regarding ice crystals (table 1), for both formula, the mean diameter is quite large (>150µm)
compared to the diameters of ice crystals generally encountered in industrial ice creams (< 50 µm).
This can be explained by the batch domestic freezing process used that does not allow fast freezing
rates and then promotes larger crystals. Moreover, ice crystals appear to be smaller in the case of
the stabilized sample. The mean diameter is reduced by nearly 13% when using HPMC in the
formula, meaning that the macromolecules may limit crystal growth during freezing. For each
sample, the mean and median values are quite close, which means that the population of ice crystals
is quite homogeneous in both cases. The ice volume fraction is higher in the control sample than in
the sample containing HPMC. This result is due to the presumed presence of a larger amount of air
in the stabilized sample. This will be verified with the air data (Table 2). Indeed, density of HPMC
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sample will be lower than the one of the control sample, then ice mass fraction of both samples will
be closer than ice volume fraction.
Table 1. Ice crystals

Control sample
193.4 ± 0.2
187.8 ± 0.1
34.3 ± 1.1

Mean size (µm)
Median size (µm)
Volume fraction of the total phase
(%)

HPMC sample
168.4 ± 4.7
167.4 ± 7.1
23.1 ± 1.3

Table 2 shows that the air volume fraction was much larger in the case of the sample containing
HPMC. This is in agreement with the 3D observations of the sample (fig.3) and this is not surprising
considering the surfactant properties of this stabilizer. In both cases, air volume fraction is low
compared to those encountered in commercial ice creams. Indeed, it is known that in sorbets,
overrun is generally lower than 50% (corresponding to nearly 25% of air volume fraction) (Marshall
et al., 2003). In our case, this low air volume fraction can also be explained by the use of a batch
freezer with no control of air incorporation. Furthermore, on Table 2, air bubbles are significantly
smaller in the case of the control sample. However, the median size is significantly smaller in this
case, which means that the population of air bubbles is not homogeneous in this control sample. On
the contrary, in the case of the stabilized sorbet, the mean and the median size of air bubbles are
close, meaning a relative homogeneity of the air bubbles in this case. The surfactant properties of
HPMC lead to a higher air volume incorporation with a homogeneous distribution within the complex
matrix.
Table 2. Air bubbles

Control sample
49.0 ± 4.4
26.3 ± 0.5
4.4 ± 0.5

Mean size (µm)
Median size (µm)
Volume fraction of the total phase
(%)

HPMC sample
97.1 ± 0.6
98.6 ± 3.4
23.2 ± 0.9

4. CONCLUSIONS AND PERSPECTIVES
A sorbet mix containing sucrose and a stabilizer was frozen and analyzed by X-ray microtomography
at frozen state. The protocol used for this study allowed a repeatable and nondestructive analysis of
a complex and triphasic frozen product. The images were processed and an effective separation of
the 2 phases of interest (ice crystals and air bubbles) was carried out. The data collected gave the
desired information about the frozen phase and the air phase (volume faction, size distribution and
spatial distribution thanks to the 3-dimensional visualization). As a result, X-ray microtomography
seems to be a particularly interesting technique for the analysis of frozen products.
The first results seem to show an effect of the formulation on the microstructure of the sorbet: the
ice crystals seem smaller in the case of the stabilized mix and it contains much more air than the
control sample. These results will have to be confirmed. The main perspective of this work is to
extend the use of this technique to the study of different compositions of mixes (other stabilizers
such as galactomannans, xanthan gum, or mixtures of several stabilizers) in order to conclude about
the effect of stabilizers on the crystallization of sorbets.

NOMENCLATURE
HPMC

Hydroxypropylmethylcellulose

LT-SEM

Low Temperature Scanning
Electron Microscopy

SSHE

Scraped Surface Heat
Exchanger
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ABSTRACT
The objective of this study was to evaluate the ice crystals sizes during a microwave assisted
freezing. The process consisted in freezing (with Nitrogen at -45°C) a piece of methylcellulose gel in
a rectangular waveguide. 2.45 GHz microwave radiation was supplied in the waveguide according
to several duty cycles (0/0.167/0.33/0.5/1). By varying the microwave power, the energy delivered
to the product was maintained constant for each experiment.
A methodology was developed to evaluate the size of ice crystals by 3D imaging analysis and X-ray
micro-tomography. The control freezing condition (no microwave) resulted in the highest mean
diameters of ice crystals whereas microwave assisted freezing was able to reduce the size of ice
crystals whatever the duty ratio. The ice crystals size could be reduced up to 28% and results tended
to show that the reduction was not due to thermal oscillations (duty ratio < 1).
Keywords: Freezing, Ice Crystal Sizes, Microwave, Innovative Process.

1. INTRODUCTION
Freezing is a convenient method to reduce the chemical reaction rates (Lim et al., 2004) and control
the microbial activity (Bremer and Ridley, 2004) in food products. Freezing process, thus preserving
the organoleptic and nutritive food qualities, is very often used in food industry. Usually, the quality
of frozen food is related to the size of ice crystals, small ice crystals giving rise to better quality.
Indeed, freeze detrimental modifications are usually lower for smaller crystals (Delgado and Sun,
2001) because large ice crystals can damage cell membranes. The water expansion during phase
change exerts a larger pressure on cell membranes, which can crack and cause loss of mass during
thawing (Bevilacqua et al., 1979; Delgado and Sun, 2001).
It is recognized that faster freezing improves the quality of frozen food while forming smaller ice
crystals (Devine et al., 1996). Unfortunately, these processes are energy-demanding because they
imply the use of very cold environments such as cryogenics (Dempsey and Bansal, 2012). Therefore,
innovative processes have to be developed to control ice nucleation without increasing the energy
consumption. Mechanical agitation, pressure shift, ultrasound, magnetic fields or AC/DC electric
fields were studied to help the control of ice nucleation (Jha et al., 2017, Dalvi-isfahan et al., 2017;
Le Bail et al., 2002; Woo and Mujumdar, 2010;). Among the freezing processes investigated,
experimental studies have shown that smaller ice crystals could be obtained if the product was
submitted to microwave during freezing. Ice crystals with smaller dimensions and better
ultrastructural preservation were found by Hanyu et al. (1992) in squid retina frozen at 83 K with
microwave assistance (frequency at 2.45 GHz). For these authors, the rotations of water molecules
due to microwave interfere in h-bond network establishment between water molecules. The network
could be a crystalline structure precursor and this phenomenon could explain ice formation inhibition.
More recently, smaller ice crystals were detected by Xanthakis et al. (2014) during the freezing of
pork meat assisted by pulsed microwave (2.45 GHz). Temperature oscillations were observed during
freezing due microwaves pulses and the authors proposed that the partial melting due to these
temperature oscillations could induce a secondary nucleation and consequently more crystals with
smaller volume.
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So currently, the influence of microwave on crystallisation is not clear and it is difficult to know if the
expected improvement is due to electrical or thermal effect. Recently an innovative pulsed
microwave assisted freezing process was modelled (Sadot et al., 2017). Numerical simulations
quantified the temperature oscillations due to microwave pulses during the freezing of
methylcellulose gel. Results have particularly shown the influence of microwave on the freezing front.
Hot and cold spots displacements were observed and explained by the change in dielectric
properties during phase change. Based on the first numerical study, experiments have to be carried
out to check if the influence of microwave on freezing is sufficient to control ice nucleation. So the
objective of this work was to perform experiments of freezing with microwave and to measure the
size of ice crystals.

2. MATERIALS AND METHODS
To determine the impact of freezing process on the food quality, it was first necessary to build an
apparatus dedicated to the freezing experiments, combining microwave and cold environment.
Secondly a specific methodology had to be developed to observe crystal size distribution in frozen
food.
2.1.

Experimental Device

An experimental device was developed to study the microwave assisted freezing of methylcellulose
gel in controlled conditions. As shown in Fig. 1 which presents the experimental set-up, a liquid
nitrogen tank (2) is put under pressure by a nitrogen gas bottle (1). The liquid nitrogen is pushed into
the steel pipe where it vaporises. The gas temperature of -45°C at the inlet of the applicator (4) is
controlled by a heating part at the end of the pipe (3). The applicator is a part of a rectangular
waveguide WR 340 (section 86 mm x 43 mm). The dimensions of the waveguide are such that they
ensure the propagation of the fundamental single-mode TE10 at a frequency of 2450 MHz: the electric
field is perpendicular to the wave propagation direction with a zero value at the small walls and a
maximum value at the centre of the long walls. Two splits of 10 mm height located on the small sides
of the waveguide and perpendicular to the microwaves propagation direction allow the inlet and the
outlet of the nitrogen gas.
To perfectly control the power emitted, a solid state generator (GMS200, SAIREM, France) was used
rather than the magnetron technology (5). Microwave pulses were generated thanks to a switch (6)
that sends alternatively microwave to a matched load (7) and to an antenna (8) placed at the inlet of
the waveguide. This one is also equipped with two powermeters (9) (HX2462A, TechniWave,
France) able to measure the incident and reflected powers. A water load (10) at the bottom of the
waveguide absorbs the residual microwave to avoid any reflection.
The experimental set-up was used to freeze samples of methylcellulose gel according to several
external conditions presented in Table 1. The product was thus frozen by its top surface with nitrogen
gas and microwave penetrates the food also from the upper surface.
Incident
microwave
power (W)

Table 1. Experimental conditions during microwave assisted freezing

Duty ratio
Microwave
energy (J) for
30 s
Mean Nitrogen
temperature
(°C)

0

6

3

2

1

0

0.167

0.333

0.5

1

0

30

30

30

30

-47 ± 3

-47 ± 3

-47 ± 3

-47 ± 3

-47 ± 3
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Figure 1: Experimental set-up

To evaluate the methodology used for determining the crystals size, freezing of 25 mm high samples
were first performed without microwave. The height of samples was different when the influence of
microwaves was studied. Indeed, to limit the effect of the sample dimension on the size of the ice
crystals, thin pieces of methylcellulose gel (3 mm) were frozen. Moreover, the sample was centred
in the applicator in such a way that it was subjected to the maximum of the microwave energy (11:
the blue arrows indicate the nitrogen flow direction).
2.2.

X-ray Micro-Tomography

The Skyscan 1174 (Brucker micro-CT, Kontich, Belgium) was used to characterize the structure of
the methylcellulose gel by X-ray micro-tomography. Just after freezing, the sample was removed
and directly placed in a freeze-dryer (Flexi-dry, FTS Systems, USA). All the ice was sublimated after
24 h (at - 85 ℃ and around 50 mTorr) and ice crystals were replaced by cavities (ghosts of ice
crystals). The sample was cut and the resulting parallelepiped was inserted in plastic tube of 8 mm
diameter. As shown in Fig. 2, no shrinkage was observed after freeze-drying. The sample was
rotated during measurement while the detector and the source were fixed. The acquisition and
reconstruction parameters are reported in Table 2.
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Figure 2: a) Fresh sample, b) freeze-dried sample, c) sample used in the X-ray tomography equipment
Table 2. Micro-tomography parameters used for acquisition and reconstruction

Acquisition
parameters
Image size (pixels)
Exposition time (ms)
Pixel size (µm)

1024 × 1304
1600
6.46

Rotational step (°)

0.1

Frame averaging

2

Value

Reconstruction
parameters
Image size (pixels)
Number of sections
Smoothing
Ring artefact
reduction

Value
924 × 824
119 to 2383
0
20

An automatic thresholding (Otsu’s method) is performed to get binary images of reconstructed
sections. The ice crystals are then measured from the size of the gas cells which correspond to the
ghosts of the crystals. A 3D image is finally acquired and crystal size distributions can be calculated
in several volumes of interest.

3. RESULTS
3.1.

Assessment of the Measurement Methodology for Ice Crystals Sizes

It was first necessary to evaluate the methodology chosen for measuring the ice crystal sizes
distribution. For this, a sample of methylcellulose gel was frozen on its upper surface by nitrogen at
-40°C with a heat transfer coefficient close to 100 W.m -2.K-1. 8 volumes of interest were defined at
different depths and the 3D calculation on the volumes displayed significant differences. As shown
in Fig. 3 the ice crystal sizes distributions evolve along the depth of the sample. Except for the first
and the last volume, where there is an influence of the boundaries on the calculation methodology,
the ice crystals diameters increase linearly with the depth. The ice crystal size is thus smaller close
to the surface exposed to the gas nitrogen and the results are consistent with previous studies
(Woinet et al., 1998). The experimental results have been associated with numerical simulations
carried out for the same conditions. It was possible with simulations to calculate the local
characteristic freezing time, which was defined as the time necessary for a point to go from -1°C to
-7°C; over such interval, more than 80% of the freezable water was frozen, corresponding to the
maximal crystallisation temperature interval. The experimental results of the ice crystal sizes have
thus been plotted against this freezing time in Figure 4. Except for the first volume, a linear correlation
between ice crystal sizes and characteristic freezing times can be observed. There is also a
correlation between the diameters and the displacement of the freezing front (not shown here).
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Figure 3: Influence of the depth on the ice crystal sizes for a freezing from the top surface

According to the classical nucleation theory, the crystal size is influenced by two kinetics: the
nucleation rate and the crystal growth rate. The former is higher if the temperature decreases and
the second increases with the number of liquid water molecules in contact to crystal surface. So the
faster the temperature decreases – the lower the freezing time - the larger the number of crystals
and the smaller the ice crystal size.

Figure 4: Influence of the freezing time on the ice crystal sizes

In conclusion, the results have shown that the X-ray micro-tomography can be viewed as a relevant
methodology for the evaluation of the mean size of the ice crystals after freezing of methylcellulose
gel. It gives access to the 3D structure of a freeze-dried sample from which the size distributions of
the ice crystals ghosts can be deduced.
3.2.

Influence of microwave on crystal sizes after microwave assisted freezing

The previous analyses have shown the influence of the sample depth on the ice crystal sizes so it
was decided to perform microwave assisted freezing on thin samples (3 mm thick) and analyse the
whole product. The choice was also motivated by the fact that the electric field is more uniformly
distributed in thin samples than in the thick ones.
The freezing time is also an important parameter that influences the dimension of the ice crystals.
To exclude this influence, freezing with the same emitted microwave energy was performed.
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Thereby, the freezing time was expected to be the same for each experiment and only the time
during which the samples were submitted to microwaves could influence the ice formation. The ice
crystals mean diameters measured by X-ray tomography is thus displayed in Fig. 5 according to duty
cycles defined in Table 1. Several experiments were carried out for each duty ratio to make it possible
the evaluation of measurement uncertainties.

Figure 5: Ice crystals mean diameters for constant incident microwave energy

The influence of microwaves is clear from Fig. 5. The addition of electromagnetic waves such as
microwaves during freezing induces a reduction of the ice crystal mean diameter. The values
decrease from 57.8 µm for the control freezing without microwaves to 41.3 for microwave assisted
freezing with a duty ratio of 0.333. It corresponds to a reduction of 28.6%. The reduction obtained
with a low duty ratio of 0.167 is less than the one resulting from higher duty cycles. From a duty ratio
of 0.333, there seems to be no significant difference between the experiments. Results obtained for
the duty ratio of 0.167 could be explained by a too short exposure duration to microwaves or by a
too long duration without microwave. Indeed, for the lower duty ratio, the resting time between two
microwave exposures is 25 s and during this period, a part of the sample could rapidly freeze without
the influence of electromagnetic waves and consequently without the ice formation being disrupted.
The fact that there is a reduction of the ice crystal sizes for continuous applied microwaves tends to
confirm an electromagnetic effect on nucleation. It should be mentioned however that other
experiments performed in the laboratory on apple, seems to indicate that the thermal effect may also
be effective, temperature oscillations resulting in a favoured secondary nucleation in the case of
pulsed microwave emission (Jha, 2018).

4. CONCLUSION
Microwave assisted freezing process was investigated in this work. A methodology to determine the
size of ice crystals was first considered and X-ray micro-tomography has proven to be a powerful
tool in characterizing the microstructure of freeze-dried samples. Freezing was then performed with
and without microwaves thanks to a convenient experimental apparatus developed in our lab. The
electromagnetic waves were supplied according to several duty cycles; from 0.167 to 1 for which the
microwaves were continuously applied. The results have shown that the ice crystals sizes could be
reduced with microwaves for each conditions of our experiments. More research is still needed to
clearly identify the role of microwave energy and the optimal duty ratio to be used according to food
products, especially if we want to reduce this additional energy.
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ABSTRACT
Phase change in biological tissues may be affected by electric field, magnetic field and electromagnetic
waves. This presentation proposes a review based on existing literature as well as some very recent
results on freezing under static electric field and microwave conditions. The fundamentals of
thermodynamics associated to freezing will be reminded. The interaction between water, water
crystallization and electro-magnetic disturbances will be highlighted and different assumptions will be
proposed. A review of existing results showed that for example the supercooling was decreased with
increasing electromagnetic waves power level whereas the theory predicts the opposite. Besides, the
theory supporting water freezing under static electric field matches well with the experimental results. A
controversy exists about the possible impact of magnetic field (static and oscillating); this point will be
tackled and discussed based on electromagnetism theory.
Some parts of this paper have been published recently in the ICCC conference proceedings (IIR- Beijing
2018).
Keywords: Freezing, Freeze Damage, Electric Field, Magnetic Field Microwaves, RF.

1. INTRODUCTION
Crystals are well-organized structures made of atoms or molecule through precipitating from a
solution and/or molten mass, freezing or deposition from a gas (i.e. frost). Crystallisation is used to
form solids or soft condenses materials and is linked to mass transfer of a solute from the liquid
solution to a pure solid crystalline phase. Two families of crystals can be considered, ionic crystals
made of cation and anion bound together by their electrostatic attraction (i.e. NaCl), and those made
of uncharged species which are often observed in biological substances. Crystallisation corresponds
to a drop in enthalpy and entropy of the system to step from a randomized organization to a wellorganized packing. During crystallisation, the 2 phases A and B (i.e. Solid and Liquid) have the same
chemical potential. Crystallisation process is usually initiated by change in temperature or
concentration; it occurs in general under a given supercooling (∆TSC), which is defined as the
temperature difference between the effective temperature and the initial phase change temperature;
in the case of an aqueous solution of a given solute, reducing the temperature at a given
concentration may reach in a supersaturated state that is needed to trigger crystallisation of water or
of the solute. Temperature and concentration are the main drivers of crystallisation. Pressure can
also be considered to initiate crystallization (Le-Bail et al., 2002). The use of seeding (introduction of
small crystals acting as seeds to produce larger crystals) is the preferred solution to control the onset
of crystallisation (i.e. used in the sugar & dairy industries).

2. S T AT I C E LE C T RI C AN D M AG NE TI C FI E L D ; I M P ACT O N F RE E ZI NG
2.1.

Interaction between Atoms, Molecules and Static Electric Field

Pruppacher et al. (1968) and Fletcher (1970) explained that a semi-liquid layer develops around an ice
crystal under formation during the freezing of an aqueous solution containing a solute. Within this semiliquid layer, solute ions are moving towards the mother solution, whereas H3O+ and OH- ions are
travelling towards the pure ice crystal. A voltage difference of up to 10 V generating a tiny current in
the range of 10-7 A has been proposed by Fletcher (Fletcher, 1970) (Figure 1). Applying an external
electric field may interfere with these charge motion. Since SEF is directional, it is likely that crystals
growth may be rather favoured in selected facets of the crystals under formation.
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Figure 1: Scheme of the semi-liquid layer surrounding ice crystals under formation within an aqueous
solution (Fletcher, 1970). A tiny voltage difference is present within this layer and is linked to mass
diffusion of chemical species (solute) and ions travelling within this layer. Imposing an external voltage
and static charges may affect ice crystallisation and as a global approach any crystallisation process
(Fletcher, 1970)

An Electric Field (EF) is specified by both a direction and a magnitude (or strength) and is represented
by a vector field that associates to each point in space the Coulomb force that would be experienced
per unit of electric charge, by an infinitesimal test charge at that point. Interactions between EF, and
atoms or molecules can be classified into LOW and HIGH fields. For LOW FIELDS (E< 0.1 V/Å or
108V/m) atoms and molecules only get polarized with a change in energy equal to P.E
(P=polarizability). For example, considering an ion at position r of charge q, the gain in potential energy
will be q.E(r)⋅r. For HIGH FIELDS (E> 0.1 V/Å or 108 V/m), which are of the order of electrostatic fields
inside atoms, will affect the level structure of atoms and thus alter their chemical characteristics making
and breaking new bonds in molecules. EF are created by electric charges and can be induced by timevarying magnetic fields. The electric field combines with the magnetic field to form the electromagnetic
field. A DC-SEF (DC Static Electric Field) can be obtained by applying a DC voltage between two
electrodes. The value of the electric field E (V/m) is given by the ratio between the voltage and the
distance between the two electrodes; however, the effective local electric field depends on the dielectric
relative permittivity of the matrices located between the electrodes. Computation of the effective EF in
a complex system can be done knowing the permittivity’s of the different materials in presence. Such
modelling has been done in several configuration used in experimental studies with Comsol
Multiphysics® are as shown in Figure 2 (Havet et al., 2009).
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Figure 2: LEFT: A dielectric medium with polar molecules can have a lower ratio of electric flux to charge
(more permittivity) than empty space. Molecules will lock to the field for given DC-SEF. CENTER: the
permittivity of the medium exposed to a DC-SEF has to be considered to determine the effective
displacement field. RIGHT: modelling done at ONIRIS-GEPEA for a SEF crystallisation prototype; the
sample was water as a model food undergoing freezing

In the presence of a DC-SEF (E), the expression of the variation of free energy is modified resulting in
an increase of the volume term of the variation of free energy. Eqs. 1 and 2 by a term proportional to
the E (Marand et al., 1988). In these equations, VC is the volume of the system subjected to the electric
field, P the polarizability (C.m-2). The resulting impact on the free energy variation function is shown in
Figure 3, yielding in a reduction of the critical radius; smaller crystals are therefore expected.

𝐺 = 𝑈 − 𝑇𝑆 + 𝑝𝑉 − [𝑉𝐶 . 𝐸. (𝜀0 . 𝜀𝑟 . 𝐸 + 𝑃)]

Eq. (1)

4
∆𝐺 = 4𝜋𝑟 2 𝜎 − 𝜋𝑟 3 (∆𝐺𝑝 + 𝑃𝐸)
3

Eq. (2)
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Figure 3: Impact of DC-SEF on crystallisation. A
reduction of the critical radius is observed thanks
to the increase of the volumetric term of the free
Energy variation function (equation 2). The
maximum of this function defines the critical radius
of ice crystal; in the case of DC-SEF, the critical
radius is shifted to lower values resulting in a better
stability of smaller ice crystals and also to a higher
nucleation rate. This theory has been established
by (Marand et al., 1988) and applies to freezing but
also to any material exposed to DC-SEF

In practice, DC-SEF in the range of 0.1 × 1010 V/m seems sufficient to obtain good results for electrocrystallisation. Svishchev and Kusalik (1996) studied ice formation with DC-SEF of 0.05 to 0.1×1010
V/m. Cubic ice formation is triggered by applying DC-SEF and amorphous ice may be obtained but
seem to be unstable. Critical DC-SEF to lock water molecule to EF is ~3 × 1010 V/m (Sutmann, 1998).
For DC-SEF of 105 to 106 V/m, hydrogen bonds are weakened. Higher DC-SEF permits to reduce
supercooling and to trigger ice formation (Hozumi et al., 2005, 2003; Orlowska et al., 2009; Wei et al.,
2008). For DC-SEF above 0.25 × 1010 V/m, water dissociation may occur (Cassone et al., 2014). For
DC-SEF of 0.5 × 1010 V/m freezing is inhibited due to water molecules reorientation in ice (Shevkunov
and Vegiri, 2002). The figure (Figure 4) below shows the impact of DC-SEF on the size of ice crystals
in the case of pork loin.

Figure 4: Impact of increasing SEF on the size of ice crystals in pork meat (tenderloin). a) non-frozen, b)
frozen without SEF and c, d, e, f with increasing SEF of 3, 6, 9, 12 kV respectively. 12 kV corresponded to
ca. 6 × 106 V/m (Orlowska et al., 2009). The refinement of the ice crystals is clearly visible (Xanthakis et
al., 2013)

2.2.

Interaction between Atoms, Molecules and Magnetic Field

A Magnetic Field (MF) is also represented by a vector field. MF is used for two distinct but closely
related fields denoted by the symbols B (in teslas - symbol T) and H (in Ampere/meter or A.m-1),
where H is measured in units of amperes per meter (symbol: A⋅m−1 or A/m) in the SI. B is measured
in teslas (symbol: T) and newtons per meter per ampere (symbol: N⋅m−1⋅A−1 or N/(m⋅A)). B is most
commonly defined in terms of the Lorentz force it exerts on moving electric charges. S-MF defines
a Static MF stable with time and O-MF defines a fluctuating MF. The interaction between MF and
molecules or atoms undergoing phase change such as crystallisation is still under debate in the
literature. The MF on earth is 0.5 Gauss (5×10-5 T).
Former studies on this topic revealed that specific properties of water such as surface tension force
and viscosity, optical property (changes in optical feature of water including infrared, Raman, visible,
ultraviolet lights and X-ray spectra), electromagnetic property (refractive index, dielectric constant
and electrical conductivity), thermodynamic property (enthalpy of vaporization), dynamic property
(self-diffusion coefficient) and molecular structure of water (hydrogen bond structure) change upon
the application of S-MF (Cai et al., 2009; Chang and Weng, 2006; Deng and Pang, 2007; Hosoda
et al., 2004; Martiniano and Galamba, 2013; Pang and Bo, 2008b, 2008a; Toledo et al., 2008; Wang
et al., 2013; Zhao et al., 2015; Zhou et al., 2000). However, the exact mechanisms on how S-MF
affects water properties are unclear. Most of the theory concluded that S-MF application modifies
the hydrogen-bond networks, but there is no agreement on how they are affected. Some have
reported that S-MF application can weaken the hydrogen bonds and consequently decrease the
average hydrogen bonding number between the water molecules (Wang et al., 2013; Zhou et al.,
2000). On the contrary,
some
researchers
claim
that S-MFMontreal,
makesCanada,
the bonding
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molecules more robust (Chang and Weng, 2006). The modification of hydrogen bonds structure
(either weakening or strengthening) is expected to profoundly affect the properties of water
governing the kinetics of processes such as freezing or other related processes.
The use of O-MF has also proven to affect the freezing behaviour of water and other aqueous
solutions. Semikhina and Kiselev (1988) reported that water (bi-distilled water) subjected to a weak
O-MF (B = 0.025 𝜇T to 0.88 mT and frequencies between 10–2 and 200 Hz) for 5 h had a larger
supercooling compared to the untreated sample. It was also found that the degree of supercooling
was dependent on the strength and frequency of applied O-MF. Moreover, when a particular strength
of O-MF was used, the maximum degree of supercooling was obtained at a specific MF frequency.
For instance, Niino et al. (2012) studied the relationship between the frequency of O-MF (50 Hz to
200 kHz) and the degree of supercooling in physiological saline solutions at a fixed strength of OMFs (0.12 ± 0.02 mT). Among all the frequencies been studied, the highest degree of supercooling
(≈ 18 °C) was observed for the sample which was treated by O-MF of 2 kHz frequency. James et al.
(2014) noticed that the O-MF application during the freezing of garlic bulbs using CAS technology
(Cell Alive System marketed by ABI Company – Japan) (MF of 0.1–0.4 mT at frequencies ≤ 50 Hz)
had minor additional effect on the degree of supercooling when compared to similar freezing
conditions in the absence of O-MF (garlic freezing).
Few research papers have claimed that MF application can also influence the shape and size of ice
crystals. Mok et al. (2015) observed that the ice crystals formed under the influence of S-MF were
more irregular shaped than those obtained without MF. The pattern of ice crystals formed depended
on the type of the applied external S-MF (attractive or repulsive). For instance, 'parting' pattern of
ice crystals was obtained under attractive S-MF, while repulsive S-MF yielded a unique pattern of
ice crystals. Iwasaka et al. (2011) reported that the freezing of aqueous solution under pulsed-train
magnetic fields up to 325 T/s at 6.5 mT produced larger and more uniform ice crystals vs. ice crystals
obtained without MF.
Some studies such as Watanabe et al. (2011) demonstrated that there was no impact, both from a
theoretical and experimental point of view using food systems exposed to freezing with horizontal
S-MF 5 to 100 Gauss (G) and also high frequency field O-MF) used in NMR with a vertical highfrequency magnetic field of (1 MHz / 1.2 G). Similar to Watanabe et al. (2011), Otero et al. (2018)
and Naito et al. (2012) reported no effect of S-MF (attractive S-MF = 107 to 359 mT and repulsive
S-MF = 0 to 241 mT) and O-MF (0.5 mT at 30 Hz) on freezing parameters (such as induction time,
degrees of supercooling and the phase transition and total freezing times) of saline and distilled
water. At this point in time, many doubts exist about real effects of magnetic fields on freezing and
the science behind the potential mechanisms involved. Thus, extensive research is required in this
domain to reach a decisive conclusion on the efficacy of MF vs quality of frozen products.

3. MI CR O W AV E a nd R AD I O F RE Q U E NC Y AS S I S T E D FRE E ZI NG
Some experimental studies have shown that it is possible to obtain smaller ice crystals by using
electromagnetic waves assisted freezing: Hanyu et al. (1992) reported that MW irradiation (for 50 ms)
followed by freezing produced smaller ice crystals in the frozen samples (squid retina, rat liver, and
heart muscle) with a good repeatability. Chaplin (2015) has proposed that depending on the frequency,
water can be affected by different means; for microwaves (2.45 GHz), and enhancement of water
mobility is foreseen, in the GHz domain, the free water is mainly concerned, whereas in the MHz
domain both free and bound water are concerned and in the KHz domain only ice is concerned.
Focusing on MW, the zone of good freezing extended to a greater depth into the microwaves irradiated
sample than compared to the control sample. The zone of freezing can be referred as the area where
there is no sign of detectable ice-crystal damage. In other words, MW irradiated sample had a larger
ice-free (vitrified) region compared to the untreated sample. Hanuy et al. (1992) have shown a clear
reduction of ice crystals size in living tissue (Squid Retina) exposed to freezing under microwave. The
explanation proposed is that MW (2.45 GHz) are disrupting water pentamers (5 water molecules
making ca 85% of liquid water) in monomers, resulting in a higher supercooling and higher nucleation
rate. Jackson et al. (1997) reported that the continuous application of MW (2.45 GHz and 1000 W)
during attempted vitrification of ethylene glycol solution (cryo-protectant) caused a significant reduction
in ice formation.
A more recent studies made by Anese et al. (2012) and Xanthakis et al. (2014) showed a clear
reduction of ice crystals size in port loin exposed to RF waves and MW respectively as shown in Figure
5 and Figure 6. Anese et al. (2012) used a pilot-scale RF equipment was used while liquid nitrogen
was flowing in a chamber in order to provide cryogenic freezing conditions to their samples. Although
no data were presented on ice crystal size, the histological micrographs seemed to indicate that the
ice crystal size decreased as shown in Figure 5. Further investigations are being carried out by ONIRIS
(France), RISE (Sweden), TTZ (Germany) and SAIREM (France – SME on MW) to better optimize the
freezing assisted by 25th
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must be carried out to reduce MW energy while improving efficiently the microstructure of frozen
tissues.

Figure 5: Reduction of the size of ice crystals in
pork loin exposed to RF waves (27.12 MHz) during
freezing (Anese et al., 2012). A (Fresh), B (air blast
freezing), C (cryogenic freezing), D (Cryogenic
freezing + RF)

Figure 6: Reduction of the size of ice crystals in
pork loin exposed to MW (2.45 GHz) during
freezing (Xanthakis et al., 2014). a) Static freezing
(control condition), b), c), d) increasing MW power
irradiation

Two concepts are proposed to explain the observed ice crystal size reduction in frozen systems by
using microwaves. The “NITOM” concept (Nucleation Induced by Temperature Oscillation caused by
Microwaves) is based on the fact that under specific duty ratio, the temperature of the sample
undergoing freezing will oscillate (Xanthakis et al., 2014). The fluctuating temperature is expected to
favour secondary nucleation which in turn suppress the crystal growth. This concept is illustrated in
figures 7 & 8 below.
PULSED MW:
• TEMP. OSCILLATIONS
• RAPID COOLING CAUSED BY
SURROUNDING ICE CRYSTALS
 RAPID COOLING
 SECONDARY ICE NUCLEATION

NITOM EFFECT

COOLING RATE
FOLLOWING MW
EMISSION 2.7 °C/min.

DUTY
RATIO

time
TEMP

A

B
B

AVERAGE COOLING
RATE 1 °C/min.
Figure 7: Zoom on cooling rates during the tests
done by Xanthakis et al (2014). A much faster
cooling was observed during temperature drop
following MW emission

A
C

time

C
 NUCLEATION

Figure 8: Scheme presenting the “NITOM”
effect; Following MW emission, a faster cooling
promotes the apparition of new ice nuclei,
resulting in a refined ice crystals population

The second concept is called “NIMIW” (Nucleation Induced by constant or pulsed MIcroWaves power)
and it is based on constant or pulsed (short time) emission. NIMIW can be explained by the impact of
MW on the hydrogen bonds between water molecules, which may affect the water cluster structures
during freezing. It is expected that MWs could exert a torque and displace the water molecules from
their equilibrium relationships in the ice cluster resulting in fragmentation of existing ice crystals when
ice crystals are in the form of nuclei. The fragmented ice crystals nuclei may act as new nucleation
sites and promote the secondary nucleation, thus, causing ice crystal size reduction (Hanyu et al.,
1992; Jackson et al., 1997; Anese et al., 2012; Xanthakis et al., 2014; Dalvi-Isfahan et al., 2016; Cheng
et al., 2017). Another possibility could be that the electrical disturbances caused by MWs application
would alter the mass diffusion in the quasi-liquid layer surrounding the ice crystals under formation
(Fletcher, 1970). The delayed growth of ice crystals would, in turn, yield a higher nucleation rate
resulting in a refinement of the size of ice crystals in the product (Hanyu et al., 1992; Jackson et al.,
1997; Anese et al., 2012; Dalvi-Isfahan et al., 2016, Hafezparast-Moadab et al. 2018). These two
hypotheses, NITOM and NIMIW may thus be considered to explain the observed reduction of ice
crystals size in samples
electromagnetic
waves
assisted
freezing.
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NOMENCLATURE
CAEMF = Crystallisation Assisted by Electric and or Magnetic Fields DC-SEF=DC Static Electric Field,
AEF or AC-EFor OEF: Alternating Current EF, S-MF = static magnetic field, O-MF = oscillating MF
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ABSTRACT
This paper presents the current status and future trends of sensor technologies for food products
traceability, specifically for systems devoted to be applied in the cold storage and refrigerated
transport of horticultural products. The available monitoring technologies such as dataloggers, TTI,
WSN, RFID, and combined approaches are evaluated and compared in terms of dimensions, sensor
parameter (temperature, relative humidity, water vapor, ethylene and other gases released during
the biological processes of fruit), robustness, reliability, energy autonomy, bandwidth (if applicable),
connection, among others. The aim of the study consists in evaluating how these technologies can
be successfully applied for traceability of horticultural products and are what the future trends in
terms of technical and technological specifications that will guide the development of these systems.
It is expected that the increasing use of these systems for food traceability increases food quality
and safety, reducing food waste.
Keywords: Current status; Future trends; Monitoring technologies; Food traceability; Sensors.

1. INTRODUCTION
Distribution chains still have challenges to overcome, such as the lack of a monitoring system that
allows monitoring the product at all stages and evaluating the remaining time of validity.
This fact is reflected in the amount of food products that are wasted before reaching the final
consumer, approximately one-third of the total production. In horticultural products this waste
reaches 45% (Gustavsson et al., 2017). Food waste arises from factors associated with distribution
chains, such as inadequate transport conditions and non-compliance with storage temperatures.
Another relevant point of the distribution chain where this food conservation break exists is in places
of merchandise transition, namely airports and sea ports, where the containers with the perishable
products are sometimes placed under high solar exposure and subjected an undesirable thermal
amplitude (Badia-Melis et al., 2018). As distribution has become a worldwide system it is usual that
not all countries have the same regulation for the cold chain, proving to be another factor that affects
food quality. Figure 1 shows the large problems faced by the distribution chains and that lead to food
waste.
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Figure 1: The main problems in the food supply chain.

Due to the different characteristics of the food products, there is no solution that solves efficiently all
problems in the distribution chain. On the other hand, over time, monitoring systems, forecasting
methods, computational fluid simulations, and other solutions have been developed with the purpose
of monitoring and evaluating the product. Fruit and vegetable products, being of biological origin and
therefore subject to senescence processes, require a more demanding control regarding storage
conditions. Ruiz-Garcia et al. (2010) evaluated the storage conditions inside a refrigerated truck. It
was concluded that the temperature was above the set point programmed 98% of the time. The
location of the pallet during this period is also relevant, as proved by Margeirsson et al. (2012),
Moureh et al. (2002) and Laguerre et al. (2002).
But, why is food preservation necessary? The globalization of trade routes causes many products to
be transported over long distances but reaching the final destination with quality and safety. As
mentioned by Rediers et al. (2009), conservation is, first and foremost, essential to maintain optimum
product quality, as it reduces several physiological processes, such as perspiration and respiration.
This can be accomplished by the reduction of temperature that decreases the growth rate of
microorganisms. Solving these issues involves the implementation of monitoring systems that allow
the producer to analyze the conservation environment to which the product is subject. The real-time
knowledge of this data facilitates the decision making, leading to optimized distribution chain. In this
context, Internet of Things (IoT) is one of the solutions that can be implemented. The connectivity of
the devices with the Internet allows the establishment of wireless sensor networks (WSN) and, in
this way, permanent monitoring is possible. This study presents the relevant publications in food
monitoring, as well as the technological trends in communication and sensing that have been tested
and implemented in the market.

2. CURRENT STATE
In the cold chain, any perturbation in the temperature, regardless of duration or severity and the
stage at which it occurs, may compromise the whole chain and all the efforts made up to that point
(Mahajan et al., 2014). The study carried out by Ruiz-Garcia et al. (2009) shows that the temperature
oscillations inside a conservation chamber caused by the on-off cycles leads to variations between
3 and 6ºC. Other parameters such as the temporary opening of the doors of both the truck and the
camera and the loading of the products also influence the temperature variation (Carneiro et al.,
2017; Göransson et al., 2018). The environmental temperature is another factor that determines the
time necessary for the total cooling of the product, as evaluated in Redier et al. (2009), who also
demonstrated small temperature variations during the transport of endive.
The implementation of traceability systems has long attracted the attention of traders, and over time
practical and accessible solutions have been developed that allow a rapid assessment of the state
of conservation. In recent years, several projects have focused on the development of hardware
required for traceability, predictive validity models, QTT (Quality oriented Tracking and Tracing) and
FEFO systems such as Chill-On, PASTEUR, FRISBEE, DANAHMAT and Intelligent container. The
following table shows the duration and focus of these projects.
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Table 1: Similar projects in traceability systems for food supply chain.

Project & Reference
Chill-On
(Olafsdottir et al., 2010)
PASTEUR
(Hoofman, 2013)

Duration
2006-2010

Intelligent container
(Jedermann et al., 2014)
FRISBEE
(Gwanpua et al., 2015)

2010-2013

Prototype container for QTT and FEFO

2010-2014

DANAHMAT
(Jevinger et al., 2014)

2013-2016

Simulation and creation of database for
temperature mapping and models of life
time
Concepts for dynamic labeling capable of
determining validity

2009-2012

Focus
TTI with chemical detection and RFID
interface
RFID tag with multiple
sensors
(temperature, humidity and gas detection)

Despite efforts, these systems have not been implemented on a large scale. But, in contrast, devices
such as Time-Temperature Integrators or Indicators (TTIs) and data loggers are used. Although they
do not provide real-time monitoring, allow to record the temperature history throughout the chain and
the subsequent analysis of the results.
The origin of the IoT remote to the year 1999, with the creation of a network of objects interconnected
using Radio Frequency IDentification (RFID). But IoT offers much more possibilities of sensing and
acting with the use of low power microcontrollers. In addition to this class of cyber-physical systems,
also communication protocols that allow the sending of data must pointed out (Nukala et al., 2016).

3. TIME-TEMPERATURE INTEGRATORS/INDICATORS (TTI)
Temperature indicators as a function of time are devices that allow, in a simple way, food control by
the trader and the consumer through changes observable to the naked eye, such as a change in
color or shape. These devices can record the total or partial temperature history of a product from
the producer to the consumer. There is a high diversity of these indicators that resort to a variety of
physical-chemical properties (Selman, 1995). The rate of change is temperature, light or humidity
dependent, i.e. the parameter accumulation influences a variable such as the deterioration reactions
responsible for deteriorating product quality (Pavelková, 2012). The indicators can be classified
according to their operating principle.

Figure 2: TTIs classification relatively to working principle.

When active, the state change is irreversible. Its activation may be presented as a deformation, a
change of color or change in the intensity of the coloration. The rate of visibility change depends on
the temperature and its variation (Biega, 2017). These indicators can also be grouped into three
categories.
• Critical Temperature Indicator (ITC) indicates exposure above or below a reference
temperature. The denaturation of an important protein above a critical temperature or the
development of pathogenic organisms are situations in which these indicators prove usefulness.
• Temperature / Critical Time Indicator (TTIC) are useful for indicating abnormalities in a
distribution chain and in products, important in quality or safety, and are initiated when
temperatures above the critical temperature are being measured. Examples are the increase in
reactions in microorganisms or the enzymatic activity that is triggered at a certain temperature.
• Temperature Time Indicators (ITT) provides a continuous indication of temperature variation.
For example, raising the temperature will darken the alert color.
These devices are a simple and affordable way of specifying when the product was exposed to an
unsuitable environment and thus helping to optimize transportation, being one of the requirements
of the current smart packaging.
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4. WIRELESS SENSOR NETWORK (WSN)
Wireless Sensor Networks are the most used systems for monitoring and traceability, with a market
share of 78% (Kassal et al., 2018). Despite their great market representation, they show a
disadvantage related to the impossibility of ensuring continuous monitoring of the distribution chain
and, consequently, of estimating the remaining validity of the products. Figure 3 shows the evolution
of scientific publications related to the different communication protocols with application in
traceability systems from 2007 to 2016.

Figure 3: Incidence of different communication protocols presented in scientific publications
between 2007 and 2016 (Kassal et al., 2018).

Another disadvantage of WSN is the waveband used. Microwave, 2.4GHz, which is used for
communication, is interfered by the resonant frequency of water. Communication flaws can occur
since monitoring is required in refrigerated products, where the surrounding environment has a highwater content, i.e., relative humidity (Badia-Melis et al., 2018). Monitoring during maritime transport
is also affected by this phenomenon, with the crash of ships' hulls on the waves. There are several
WSN systems for food monitoring. Examples are those presented by Xiangsheng, 2014; Wang et
al., 2015) and Maigler et al. (2013), who use communication protocols such as Bluetooth, ZigBee,
LORA and NFC for the development of systems capable of monitoring the environment in which
products are found. Fig. 4 summarize the most relevant protocols within WSN systems currently
Their characteristics are presented in Table 2.

Figure 4: The most used communications protocols in WSN systems.
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Protocol

Table 2: Different communication protocols and their principal characteristics.

Radio Band

Data
rate

Range

Bluetooth

2.4 GHz

1 Mbps

10 – 100 m

NFC

13.56 MHz

< 5 cm

RFID

128-135 kHz,
13.56MHz, 860
– 960 MHz

<424
kbps
<100
kbps

<15 m (frequency
dependent)

6-780
Mbps
6.75
Gbps at
60 GHz

100 m (range can
be affected by
building
materials)

Wi-Fi
(802.11)

2.4, 3.6, 5 GHz
60 GHz

Features

Good for real time data transfer,
Smartphone compatible, Good
indoor range
Ultra-low power, good for secure file
swaps, contactless only
Ultra-low power, short range or
contactless, very low data rate, good
for e labels and small file transfers
Has a standardized protocol for all
countries, devices can be added
without any cost, Standards
development is continuous, with
incremental improvements

2.1. Bluetooth
Bluetooth is a short-range, low-power wireless communication protocol proposed in 1994 (Chadha
et al., 2013). Operating in the range 2400-2483.5 GHz in the ISM standard, it allows different devices
to connect. With the emergence of IoT, Bluetooth was one of the existing options able to meet the
communication needs due to popularity and simplicity. But with these factors, an issue arises, the
security. As an open system, one of the current concerns is data loss and intrusion prevention in
networks, with the level of security being defined by hardware and software manufacturers. The way
a Bluetooth connection works is relatively simple. Initially, when feeding the device, it starts searching
for the Master, if it is not already paired. When the Master device responds to the Slave's request, a
connection is established if the Slave continues to listen on the network. After the formalities, it is
performed the synchronization between devices (Master and Slave), using FHSS (Frequency
hopping spread spectrum) to data is sent. One of the communication topologies used is Piconet
allowing at most 8 devices to connect (1 Master, 7 Slaves), resembling an adhoc network. Because
communication is never done simultaneously, signal interference is not a problem. Although
Bluetooth communication only allows 8 devices to communicate simultaneously, the maximum
number of connections is 255, that is, it allows 255 devices to pair in the network. There are several
predefined connection topologies, each with a different combination of error protection mechanisms.
•

•

•

Point-to-point
It is aimed at the interaction between 2 devices, namely for streaming music, also working with
loudspeakers, hands free and headsets. It can also be used for file transfer, using the Bluetooth
mode Low energy.
Broadcast
This typology allows establishing the connection between several devices (one-to-many). It is
optimized for location sharing, traceability and point-to-interest. This typology is present in
devices such as beacons, which consists in the diffusion of data to the network actors.
Mesh
With a typology like Broadcast, it allows the connection between several devices (many-tomany). This variant allows, for example, to establish a network of sensors in a limited
environment.

2.2. RFID
The appearance of the RFID technology occurred during World War II (1939-1945) for the
identification of military aircraft Friend or Foe (IFF), based on wireless communication between a tag
and a reader with radio frequency. RFID was then seen as one of the most promising technologies
for identifying products compared to other technologies already in use, such as bar codes. Due to
the possibilities offered by this technology, there was a growing interest among several economic
sectors, such as logistics, identification, tolls and traceability of products, pallets and animals, where
more than 3000 applications are known (Bibi et al., 2017). To add value to this technology, several
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sensors have been developed to be implemented in tags for the monitoring of various environmental
parameters in the transportation of perishable products. This combination of systems offers the
possibility of creating a database accessible to traders and consumers through the unique
identification code. Several sensors have been developed, such as, for example, gas (Vergara et al.,
2007; Steinberg & Steinberg, 2009; Bhadra et al., 2011; Potyrailo & Surman, 2013; Steinberg et al.,
2014), moisture (Abad et al., 2009; Martinez-Olmos et al., 2013) to be implemented in smart
packaging. For the correct functioning, several components are needed, such as an RFID antenna
for communication, a chip for identification and storage of data, a reader and a computer. Tags can
also be divided into three groups, depending on your power source:
•
•
•

Passive RFID tags: They do not have battery, being fed by the reader. The different
mechanisms allow the exchange of energy and data. The energy rate that is transferred varies
between 10 μW and 1 mW.
Semi-Passive RFID tags: They incorporate a battery to keep the memory in the tag or to feed
the different electronic devices that make it possible to modulate the electromagnetic waves
emitted by the reader.
Active RFID tags: They are powered by an internal battery that is used to run the circuit of the
microchip, thus being more expensive than passive tags.

Despite the many possibilities that RFID presents in food monitoring, there are still some
disadvantages that systems such as Bluetooth can easily overcome, such as reading distance. To
read a tag, the reference distance is 10 cm. For readings at higher distances, an antenna with higher
power is required, which consequently causes the system to use more power. RFID is a promising
technology with high development in the last years, since it allows the encoding of several types of
radio frequencies and sensors in the tags, making this system have a high potential (Bibi et al.,
2017).

5. SENSORS

For monitoring purposes it is necessary to convert an environmental parameter into an
understandable signal, thereby using a sensor. In addition to monitoring air temperature and air
humidity, there are other parameters that must be monitored to ensure the quality of the food product,
such as ethylene or oxygen/carbon dioxide gases. In fruit and vegetables, the ethylene release rate
is related to the maturational state. In an advanced state, the ethylene release is substantially higher.
In the meat industry, it’s the development of microorganisms. It is in this field that electrochemical
sensors, biosensors and gas sensors can convert a stimulus into an interpretable signal. The
difference between an electrochemical sensor and a biosensor is in the recognition layer, i.e. in a
chemical sensor, the receptor is a chemical component whereas in a biosensor, the layer is
composed of biological materials such as enzymes and antibodies (Ghaani et al., 2016). In recent
years, different types of electrochemical sensors have been developed for the food industry.
Examples are shown by Gao et al. (2015); Goulart et al. (2016); Liu et al. (2015); Nasirizadeh et al.
(2015) and Pacheco et al. (2015). An ideal sensor, according to Hanrahan et al. (2004), should have
the following characteristics: specificity for each product, sensitivity to changes of concentrations in
the product, rapid response time to variation, durability and reduced dimensions, with possibility of
low production cost.

6. FUTURE TRENDS

Perishable product monitoring is a sensitive area and as such, the systems to be implemented need
to comply with hygiene and safety standards so as not to compromise the assets to be monitored.
In addition, they must ensure continuous monitoring with real-time data transmission in a secure
manner. WSN simplified the development of sensor-based applications to monitor hazardous
environments or remote areas, resulting in a reduction in the complexity and cost of maintenance
(Wang et al., 2006). IoT-related technologies can be applied to food transport and conservation, with
a variety of objectives, such as optimization of post-harvest processes, monitoring of conservation
conditions, conservation treatments and data for decision-making; as well such as the optimization
of the distribution chain, the development of autonomous lorries and boats or swarms of drones for
delivery (Tzounis et al., 2017). The technologies described in this paper present themselves as
systems capable of being implemented in the distribution chains for traceability, demonstrating that
they can enhance the food industry. However, they have disadvantages that do not go unnoticed,
such as the high cost of implementation (Badia-Melis et al., 2018). With monitoring systems, the
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concepts of smart and/or active packaging emerge. Smart packaging is called when there are
sensors that evaluate the environment, able to send the data through a communication protocol, and
this information is accessible at any time. An active packaging incorporates materials in its
construction that allow the maintenance and prolongation of the shelf life of the product it transports
(Mane et al., 2016).

7. CONCLUSIONS

Despite the diversity of existing solutions in the market, there is no one that can meet all the
requirements demanded by the industry, making it more complicated to implement them. But the
optimization of distribution chains with emphasis on reducing food waste also involves a change in
the mentality of FIFO (First in First Out) for FEFO (First expires- First out). It is expected that with
the development of these technologies, the gaps will be corrected making these systems more
feasible and reliable to implement. Using traceability systems goes in line with three main objectives:
improve supply management; facilitate traceback for food safety and quality; and differentiate and
market foods with subtle or undetectable quality attributes. In relation to packaging, a global goal is
the elimination of plastics, therefore it is necessary to develop a packaging that is recyclable and
non-polluting, capable of interacts with the product, which will drive the implementation of a
monitoring system in response to demand (Han et al., 2018).
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ABSTRACT
Due to the high cost and variable nature of fruit, it is not easy to conduct commercial scale
experiments for research. Replacing fruit with simulators/analogues could solve these issues. To
mimic fruit, a simulator must contain the same important properties so that the simulation is
representative of the fruit cooling condition (e.g. the heat transfer mechanisms involved in precooling
and storage).
This study describes how a time-scaled heat transfer approach can be applied to fruit simulator
design. The time-scaled approach hypothesis is that, if an object mimics the shape and thermal
conductivity of the product, the cooling profile of the object can represent the product with scaled
adjustment by the ratio of volumetric specific heat capacity. Experiments have been conducted. and
the results confirm the feasibility of the approach. This implies that experimental results can be
obtained with a significant reduction in experimental time, if the time-scaled approach simulator is
used.
Keywords: Refrigeration, Precooling, Fruit Simulator, Optimization Tool.

1. INTRODUCTION
Food exportation is one of the major economic contributor for New Zealand (Carson and East, 2017).
In 2017, New Zealand exported more than NZD$5 Billion worth of horticultural products, being 10.3%
of the total merchandise exports (FreshFacts, 2017). In order to maintain or increase the export
markets, businesses have to be innovative. Optimization of the chilling process is an important part
of improving the supply chain to ensure delivery of high quality fruit (Carson and East, 2017), as a
slight delay in fruit precooling can decrease the marketability. Chilling optimization is generally done
via experiments or mathematical modelling (Redding et al., 2016). Optimization via experiment
requires extensive collection of data, which is labour intensive, logistically difficult, expensive
(Redding et al., 2016), and can have low replicability. Fruit cooling experimentation is generally
difficult to reproduce, due to the natural variation and degradation of the fruit if it is used repeatedly
(Redding et al., 2016; Vigneault and Castro, 2005). Optimization via mathematical modelling, on the
other hand, tends to suffer from computational limitations, modelling uncertainties and the need for
validation. In general, the computational time of mathematical models is longer than the prediction
time (
Table 1).
A simulator is a physical substitute of the real fruit in an experiment, which can provide controllable
and stable properties, increasing the replicability of the experiment (Vigneault and Castro, 2005).
Utilizing a fruit simulator can eliminate the seasonal availability problem and reduce the material cost
(as it can be reused without degradation of properties).
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Table 1.Review of modelling computational time

Ferrua and Singh (2009)

2

Computational
time (h)
>2

Delele et al. (2009)

20

20

Tutar et al. (2009)

2

16

Defraeye et al. (2014)

12

40

Delele et al. (2013b)

16

9-28

Delele et al. (2013a)

27

22

Defraeye et al. (2016)

20

48

O’Sullivan et al. (2016)

14

24

Berry et al. (2016)

12

96

Han et al. (2018)

20

30

Prediction time (h)

Redding et al. (2016) used a one dimensional analytical model to demonstrate the linear relationship
between the volumetric specific heat capacity and the cooling rate, proposing the concept of chilling
time scaling (Eq. (1)). This concept can be generalized. The temperature profile of a given fruit can
be predicted based on the Fourier Equation (Eq. (2)) with appropriate boundary conditions (Eq. (3)).
Theoretically, the volumetric specific heat capacity, 𝜌𝑐, should have linear relationship with the rate
of temperature change, 𝜕𝑇/𝜕𝑡, if the boundary condition and all other properties remain consistent.
Therefore, the required chilling time for a given temperature change should be time-scalable based
on the volumetric specific heat capacity.
𝑡1
𝜌1 𝑐1
=
𝑡2
𝜌2 𝑐2
𝜕𝑇
𝜆
=−
∇𝑇
𝜕𝑡
𝜌𝑐

Eq. (2)

𝜕𝑇
= 𝑓 (𝑇, 𝑡, 𝑥𝑖 )
𝜕𝑥𝑖

Eq. (3)

𝜕𝑇
= ℎ𝐴(𝑇𝑎𝑚𝑏 − 𝑇𝑠 )
𝜕𝑥𝑖

Eq. (4)

−𝜆
−𝜆

Eq. (1)

𝐵𝑖 =

ℎ𝐿
𝜆

Eq. (5)

In order to maintain consistency of the boundary condition, the thermal conductivity of the simulator
needs to be matched with the targeted fruit (Eq. (3)-Eq. (5)). In a third type of boundary condition
(convective heat transfer boundary Eq. (4)), such as the demonstrated model in the Redding et al.
(2016) study, matching the shape of the fruit could simulate the heat transfer behaviour (the Biot
number would be the same; Eq. (5)). However, in a complex system (packaged fruit), the fruit
boundary condition could be one of or, a combination of multiple heat transfer modes (Eq. (3)), such
as radiation, evaporation and condensation. It was uncertain if only matching the thermal conductivity
and shape of the fruit would be enough for a time-scaled simulator. Therefore, this study was to a)
validate the time-scale concept and b) testify the feasibility of a time-scaled simulator in a precooling
experiment, where the simulator only matches those two properties. If the time-scaled concept is
valid in a complex system, the simple boundary condition system descripted by Redding et al. (2016)
would also be valid.
A polylined packaged system (kiwifruit were used in this study) was used to test the concept, as the
fruit in this system have a more complex boundary condition than a non-polylined package system,
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such as an apple box (Tanner et al., 2002). Fruit inside a polyliner package have little exposure to
the air flow and this significantly reduces the magnitude of the convective heat transfer and increases
the magnitude of other potential heat transfer modes, such as radiation and conduction. In contrast,
a non-polylined package, allows air movement within the stack of the fruit making convective heat
transfer the dominant heat transfer mechanism. In this case, the fruit boundary condition will become
similar to a third type boundary condition (Redding et al., 2016).

2. METHOD AND MATERIAL
2.1.

Fruit Simulator and Kiwifruit

Rapid prototype fruit simulators were developed (Figure 1). The simulator was made of a casting
resin with metal filler. Ten kiwifruit (count size 36, class A) were used as master specimens for
making ten silicone moulds (Mould Star 15, Smooth-On, USA). One hundred kiwifruit simulators
were made from the ten silicone moulds. The length, width and thickness of the simulators were
61.7±2.1, 51.8±0.5, and 48.3±0.8 mm, respectively. The volume fraction of the metal filler was
adjusted to match the thermal conductivity of the kiwifruit (Table 2). The density of the simulator was
measured by Archimedes’ method (McGlone et al., 2002), the specific heat capacity was measured
by differential scanning calorimetry method (Q2000, TA Instruments, USA) and the thermal
conductivity was measured by the line source method (Jasim and Mohammad Shafiur, 2009). The
thermal properties of kiwifruit were given by O’Sullivan et al. (2016). Based on the available data, it
was expected that the simulator should cool 2.5 ± 0.2 times faster (time scale factor) than real
kiwifruit (Eq. 1).
Table 2.Thermal properties of the kiwifruit and simulator

Kiwifruit
Simulator

Density (kg/m 3)

Specific heat
Capacity (J/kg.K)

1066±3
1537±16

3710±140
1050±20

Thermal
conductivity
(W/m.K)
0.56±0.04
0.51±0.04

Figure 1: Example images of fruit simulators

2.2.

Experimental Setup

A standard modular bulk (MB) package of kiwifruit was cooled in a wind tunnel (0.4 by 0.6 by 1m)
inside a refrigerated room (0 °C and 95% RH), where the MB package consists of a corrugated
fireboard box (0.3x0.4x0.2 m; WLH), polyliner (10 µm thick; HDPE) and 100 kiwifruit (size 36, class
A kiwifruit). The detail of the MB package and the wind tunnel can be found in O'Sullivan (2016). The
superficial air velocity of the wind tunnel was measured to be 4.2 m±1.4 m/s (95% CI) by a hot wire
anemometer (TSI 9545 VelociCalc, USA), from the average of nine measurement positions across
the inlet of the wind tunnel (Figure 2, left). The MB box was placed on a mesh (0.1x0.4x0.3m) to
allow refrigerated air movement on all package surfaces.
There were two trials conducted; one using only real kiwifruit and one using only fruit simulators
made as described above in 2.1.1. In sixteen positions (Figure 2, right) inside the MB box the kiwifruit
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or the simulator were instrumented with thermocouples (type T, 3mm diameters) at the centre of the
kiwifruit/simulator. Temperature was recorded by data logger (S2020, Grant, UK) every minute until
the end of the experiment. Each trial consisted of three replicates, each with two cooling cycles. The
MB box was initially equilibrated to approximately 20 °C, and then placed inside the wind tunnel for
cooling. After the first cycle, the MB box was equilibrated to approximately 20 °C again without any
modification. This equilibrated MB box was cooled the second time inside the wind tunnel. The
cooling time for the kiwifruit MB box was approximately 20 hours and for the simulator MB box it was
approximately 6 hours (about 3 times less than the real kiwifruit).

Figure 2: Experimental set up, tunnel set up (left) and instrument set up (right)

2.3.

Data Analysis

The recorded temperature was normalized as the fraction of unaccomplished temperature change,𝑌
(Eq. 6). As mentioned, the kiwifruit simulator experiment was time scaled and, therefore, the Fourier
number, 𝐹𝑜 (Eq. 7) is used to normalize the time scaling effect. Since the kiwifruit simulator has a
similar shape the kiwifruit (as a direct copy), the characteristic length (𝐿) of the kiwifruit and simulator
should be the same, and it is arbitrary defined as the average of the length, width and thickness of
the simulator at 54.0 mm. Although the thermal conductivity of kiwifruit and kiwifruit simulator contain
a range of variation, the value is fixed as 0.54 Wm−1 K −1 (the average between simulated and real
fruit) for the Fo calculation, as the time scaling is only based on the volumetric specific heat capacity.
𝑌=

𝑇 − 𝑇𝑎𝑚𝑏
𝑇𝑖𝑛𝑡 − 𝑇𝑎𝑚𝑏

Eq.(6)

𝜆𝑡
𝜌𝑐 𝐿2

Eq.(7)

𝐹𝑜 =

The derived cooling profiles for each trial are shown in Fig. 3. The 𝑌 difference of kiwifruit and
simulator was calculated using Eq. (8), where 𝑌̅𝑘𝑖𝑤𝑖 and 𝑌̅𝑠𝑖𝑚 are the average 𝑌 value of kiwifruit and
simulator respectively. A positive 𝑌𝑑𝑖𝑓𝑓 means the kiwifruit cooled slower and negative means the
kiwifruit was cooled faster than the simulator. The maximum absolute difference (MAD) between two
𝑌 values throughout the cooling was calculated using Eq. (9). Ideally for a good fruit simulator MAD
should be close to zero.
𝑌𝑑𝑖𝑓𝑓 = 𝑌̅𝑘𝑖𝑤𝑖 − 𝑌̅𝑠𝑖𝑚

Eq.(8)

𝑀𝐴𝐷 = max|𝑌𝑑𝑓𝑓 (𝑡)|

Eq.(9)

The half cooling time at real time scale (𝐻𝐶𝑇𝑡 ) is often used to describe cooling experiments (Brosnan
and Sun, 2001) and is defined as the time required for the temperature at a key reference point to
reach Y = 0.5. Similarly, the half cooling time at 𝐹𝑜 scale (𝐻𝐶𝑇𝐹𝑜 ) can be obtained by find the
corresponding 𝐹𝑜 value when Y = 0.5. The observed time scale factor (Eq. 10) and theoretical time
scale factor (Eq. (1)) were calculated to validate the time scaling concept.
To determine the validity of assuming that the time-scaled approach can be used a two-way ANOVA
was performed (using Minitab 17) to determine the p-value of kiwifruit vs simulator, where the
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response variable is 𝐻𝐶𝑇𝐹𝑜 , the factors were the kiwifruit or simulator and the fruit position. The
results of this analysis are discussed in section 3.
𝐻𝐶𝑇𝑡 𝑘𝑖𝑤𝑖
𝑜𝑏𝑠𝑒𝑟𝑣𝑒𝑑 𝑡𝑖𝑚𝑒 𝑠𝑐𝑎𝑙𝑒 𝑓𝑎𝑐𝑡𝑜𝑟 =
Eq.(10)
𝐻𝐶𝑇𝑡 𝑠𝑖𝑚

3. RESULT AND DISCUSSION
In comparing the derived cooling profiles (Fig. 3) it can be seen that the simulator (using the 𝐹𝑜 time
frame) has similar cooling profiles as the real kiwifruit (Figure 3, left axis), where the profiles are
overlapping, and the shape of the profiles are similar. Graph 11 and 13 are enlarged (Figure 4),
where Fruit 11 is near the centre of the package and Fruit 13 is at a top corner package, which is
slowest and fasting position, respectively. The range of profiles has been plotted by considering
experimental variation and thermal property uncertainties. Three replicates trials were carried out for
both real and simulated fruit, each with two cooling cycles, giving a total of six experimental cycles.
Because there is uncertainty in the volumetric heat capacity, the upper and lower values were used
for the calculation of 𝐹𝑜. This results in a total of 12 cooling profiles for each fruit on Figs. 3 and 4.
Note that the real fruit at position 11 had slight temperature increase at the beginning, but simulator
did not. This might be due to the heat production from fruit respiration. However, this slight
temperature increase is very small (less than 0.5 °C). Position 13 exhibits the most variation for real
fruit. This is sensible, as this is the fastest cooling position, which would be more sensitive to the
slight condition changes in the experimental work (Mercier et al., 2017).

Figure 3: Cooling profile of the kiwifruit (—), simulator (—) and the 𝒀𝒅𝒊𝒇𝒇 (—)

The twelve profiles were averaged, and the 𝑌𝑑𝑖𝑓𝑓 was calculated (Figure 3, right axis). The average
MAD throughout the sixteen fruit was 0.044. This is equivalent to 0.88 °C difference (between the
kiwifruit and simulator), assuming the initial fruit temperature was 20 °C and ambient temperature
was 0 °C. This 0.88 °C difference is well within the measurement error of type T thermocouples
(Tong, 2001). The top layer fruit generally have larger MAD than other layers within the package,
and fruit 13 has the largest MAD (0.105), which is equivalent to a 2 °C difference. This 2 °C difference
can be explained by the experimental variation and uncertainties, as the fruit in the top layer generally
have a wider cooling profile range. This large variation could be attributed to the flapping of the
polyliner during the cooling (movement could be generated by the air flow). The offset of fruit position
could be another attribute, the fruit stacking could be slightly different each time and the accumulated
offset of the top layer fruit could be significant. Overall, the cooling profile suggests the simulator
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behaved similarly to the real kiwifruit in all locations. This indicates the validity of the time-scaled
concept.

Figure 4: Enlargement of fruit 11 and 13 from Figure 3

The 𝐻𝐶𝑇𝐹𝑜 of kiwifruit and simulator were compared (Figure 5a), where 𝐻𝐶𝑇𝐹𝑜 of each fruit were
obtained from 𝑌̅𝑠𝑖𝑚 and 𝑌̅𝑘𝑖𝑤𝑖 (n=12 for 𝐹𝑜 scale). The comparison shows that there are no significant
between them, where the 𝐻𝐶𝑇𝐹𝑜 difference is fluctuated around the zero (Figure 5a, right). This
observation is agreed with the two ways ANONVA that no statistical significant different between
kiwifruit and simulator 𝐻𝐶𝑇𝐹𝑜 (p-value = 0.246). Comparing the 𝐻𝐶𝑇 of the simulator and the kiwifruit
(Figure 5b), the simulator cooled 2.36 ± 0.14 times faster than real kiwifruit (Figure 5b, right axis)
and this is in approximate agreement with the theoretical time scale factor 2.46 ± 0.18 based on the
thermal properties (Table 2; Eq. 1). This further validates the time-scaled concept and confirms the
feasibility of time-scaled simulator.

Figure 5: 𝑯𝑪𝑻𝑭𝒐(a; left axis) and 𝑯𝑪𝑻 (b; left axis) vs fruit position for kiwifruit (—) and simulator (—),
𝑯𝑪𝑻𝑭𝒐difference between the kiwifruit and simulator (a; right axis), and the observed time scaled
factor (b; right axis)

It is interesting to note that the simulator is commonly believed to introduce less experimental
variation than real fruit, due to their stable and consistent properties (Vigneault and Castro, 2005).
On average, Figure 5b, shows that the standard error of the simulator (8.3%) appear to be smaller
than the real kiwifruit (9.9%), however the two way ANOVA suggests that the experimental variation
from real fruit experiments is not significantly different from the simulator experiments (p-value =
0.322).
The simulator was validated in a complex system where boundary conditions of the simulator during
the cooling could involve internal radiation, convection, evaporation and condensation. This
suggests that the time scaling effect can be generalized to complex systems.
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The experiment also showed that by matching the thermal conductivity and the shape of the fruit, a
time-scaled simulator could be developed, and it can be a powerful tool for cool chain optimization.
Instead of a long experimental time, this simulator can reduce the time requirements significantly.
The generality of the equations show that the time-scaled simulation is not limited to a third type
boundary, but could be even larger if an appropriate material is used and the thermal conductivity is
still matched. Also, instead of limiting the number of experiments due to the availability of the product,
out of season experiments are possible using the simulator.

4. CONCLUSIONS
A time-scaled simulator was developed and validated, in which the simulator only needs to match
the thermal conductivity and shape of the fruit. The validation of the simulator also confirms the
concept of the time-scaling approach. While the idea of time scaling can be shown simply for
individual fruit undergoing convective cooling, in this paper, the concept was demonstrated in a
complex system where other modes of heat transfer and conduction from fruit to fruit are also
important. Because of the advantages of long term stability and shorter experimental times, the use
of fruit simulators could provide a useful alternative to real fruit in cooling and storage system
optimisation.
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6. NOMENCLATURE
𝜌
𝑇
𝜆
𝐿
𝑇𝑎𝑚𝑏
𝑌
𝑌̅𝑘𝑖𝑤𝑖
𝐻𝐶𝑇𝐹𝑜

Density (kg/m 3)
Temperature of the product (°C)
Thermal conductivity (W/m.K)
Characteristic length (m)
Ambient temperature (°C)
Unaccomplished temperature change
Average 𝑌 value of kiwifruit
Half cooling time in 𝐹𝑜 scale

𝑐
𝑡
𝑥𝑖
𝐹𝑜
𝑇𝑖𝑛𝑡
𝑌̅𝑠𝑖𝑚
𝐻𝐶𝑇𝑡
ℎ

Specific heat capacity (J/kg.K)
Time (s)
Cartesian coordinates (m) in i direction
Fourier’s number
Initial temperature of the product (°C)
Average 𝑌 value of simulator
Half cooling time in real time scale (s)
Heat transfer coefficient (W/m 2K)

7. REFERENCES
Berry, T.M., Defraeye, T., Nicolai, B., Opara, U.L., 2016. Multiparameter Analysis of Cooling
Efficiency of Ventilated Fruit Cartons using CFD: Impact of Vent Hole Design and Internal
Packaging. Food Bioprocess Tech 9, 1481-1493.
Brosnan, T., Sun, D.-W., 2001. Precooling techniques and applications for horticultural products —
a review. Int. J. Refrigeration 24, 154-170.
Carson, J.K., East, A.R., 2017. The cold chain in New Zealand – A review. Int. J. Refrigeration.
Defraeye, T., Lambrecht, R., Delele, M.A., Tsige, A.A., Opara, U.L., Cronjé, P., Verboven, P., Nicolai,
B., 2014. Forced-convective cooling of citrus fruit: Cooling conditions and energy consumption
in relation to package design. J. Food Eng. 121, 118-127.
Defraeye, T., Nicolai, B., Kirkman, W., Moore, S., Niekerk, S., Verboven, P., Cronjé, P., 2016.
Integral performance evaluation of the fresh-produce cold chain: A case study for ambient
loading of citrus in refrigerated containers. Postharvest Biol. Technol. 112, 1-13.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3200

Delele, M.A., Ngcobo, K., Opara, U.L., Meyer, C.J., 2013a. Investigating the Effects of Table Grape
Package Components and Stacking on Airflow, Heat and Mass Transfer Using 3-D CFD
Modelling. Food Bioprocess Tech 6, 2571-2585.
Delele, M.A., Ngcobo, M.E.K., Getahun, S.T., Chen, L., Mellmann, J., Opara, U.L., 2013b. Studying
airflow and heat transfer characteristics of a horticultural produce packaging system using a 3D CFD model. Part I: Model development and validation. Postharvest Biol. Technol. 86, 536545.
Delele, M.A., Schenk, A., Tijskens, E., Ramon, H., Nicolaï, B.M., Verboven, P., 2009. Optimization
of the humidification of cold stores by pressurized water atomizers based on a multiscale CFD
model. J. Food Eng. 91, 228-239.
Ferrua, M.J., Singh, R.P., 2009. Modeling the forced-air cooling process of fresh strawberry
packages, Part I: Numerical model. Int. J. Refrigeration 32, 335-348.
FreshFacts, 2017. New Zealand Horticulture. jusFreshFacts, New Zealand.
Han, J., Zhao, C., Qian, J., Ruiz-Garcia, L., Zhang, X., 2018. Numerical modeling of forced-air
cooling of palletized apple: Integral evaluation of cooling efficiency. Int. J. Refrigeration 89,
131-141.
Jasim, A., Mohammad Shafiur, R., 2009. Thermal Conductivity Measurement of Foods, Food
Properties Handbook, Second Edition. CRC Press.
McGlone, V.A., Jordan, R.B., Seelye, R., Martinsen, P.J., 2002. Comparing density and NIR methods
for measurement of Kiwifruit dry matter and soluble solids content. Postharvest Biol. Technol.
26, 191-198.
Mercier, S., Marcos, B., Uysal, I., 2017. Identification of the best temperature measurement position
inside a food pallet for the prediction of its temperature distribution. Int. J. Refrigeration 76,
147-159.
O'Sullivan, J.L., 2016. Significant factors affecting the forced-air cooling process of polylined
horticultural produce:. Massey University.
O’Sullivan, J.L., Ferrua, M.J., Love, R., Verboven, P., Nicolai, B., East, A., 2016. Modelling the
forced-air cooling mechanisms and performance of polylined horticultural produce.
Postharvest Biol. Technol. 120, 23-35.
Redding, G.P., Yang, A., Shim, Y.M., Olatunji, J., East, A., 2016. A review of the use and design of
produce simulators for horticultural forced-air cooling studies. J. Food Eng. 190, 80-93.
Tanner, D.J., Cleland, A.C., Opara, L.U., Robertson, T.R., 2002. A generalised mathematical
modelling methodology for design of horticultural food packages exposed to refrigerated
conditions: part 1, formulation. Int. J. Refrigeration 25, 33-42.
Tong, A., 2001. Improving the accuracy of temperature measurements. Sensor Review 21, 193-198.
Tutar, M., Erdogdu, F., Toka, B., 2009. Computational modeling of airflow patterns and heat transfer
prediction through stacked layers' products in a vented box during cooling. Int. J. Refrigeration
32, 295-306.
Vigneault, C., Castro, L.R., 2005. Produce-simulator property evaluation for indirect airflow
distribution measurement through horticultural crop package. Journal of Food, Agriculture and
Environment 3, 67-72.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3201

Manuscript ID: 1333
DOI: 10.18462/iir.icr.2019.1333

Design of a CO2 heat pump drier with dynamic modelling tools
Michael JOKIEL(a), Michael BANTLE(a), Christian KOPP(a), Ingrid C. CLAUSSEN(a), Ignat
TOLSTOREBROV(b)
(a) Department of Energy Processes, SINTEF Energy Research,
NO-7465 Trondheim, Norway, Michael.Jokiel@Sintef.no
(b) Norwegian University of Science and Technology, Department of Energy and Process
Technology, 7465 Trondheim, Norway

ABSTRACT
Drying is an energy and time intensive process which thermal energy demand is mostly provided by
fossil resources. Especially in the food processing industry it is important to increase the energy
efficiency of drying processes in terms of organic products and sustainability. The potential of using
a heat pump with R744 (CO2) as a working media to provide the thermal energy was investigated
for typical food drying temperature of 50 °C at a relative humidity of 20 %. A dynamic heat pumpassisted dryer model has been developed and validated. The model was created with respect to
heat transfer, pressure loss and flow requirements. The simulated results showed that a closed-loop
heat pump assisted drying process has the potential to reduce the energy demand by around 80 %
compared to conventional open-loop drying processes with fossil resources as energy source.
Furthermore, the implementation of a bypass in the air cycle was examined to further enhance the
energy efficiency of the system.
Keywords: Heat pump, Modelica, simulation, convective drying, CO2, food drying

1 INTRODUCTION
The process of drying is widely-used in all kind of industries and is a very energy consuming process.
It is estimated that about 12 % of the total energy used in industries is used by drying processes
(Strumillo et al. 2014), whereas the major amounts are demanded by the food and paper industries.

Figure 1: Scheme of a heat pump driven convective drying process
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In addition, convective drying based on air as drying agent is the most common used drying
technology with around 85 % (Atuonwu et al. 2011). With this big percentage in energy demand, it
is not surprising that the process of drying has been, and still is a very important field of research in
terms of energy efficiency and product quality. In this study, a heat pump driven model of a
convective food drier was developed as shown in the scheme in Figure 1. The energy efficiency of
the heat pump driven dryer was then compared with other conventional methods. The basic
advantages of heat pump driven convective drying results from the ability to recover energy from the
used drying air and reuse it in the process. This results in one of the highest specific moisture
extraction ratio (SMER), often between 1 to 4 since the heat can be recovered from the moist air
(Chou et al. 2006). This can result in a drying efficiency of up to 95 % compared to 30 - 40 % for
other hot air drying methods (Perera & Rahman, 1997). Industrial heat pumps with a heat sink of up
to 100 °C using natural refrigerants (R717, R718 and R744) are already conventionally established
which makes heat pumps very suitable for drying of food which is usually performed at temperature
levels up to 70 °C.

2 MAIN SECTION
The present study investigates different system designs for closed-loop drying processes that have
been enhanced with a heat pump, using R744 as refrigerant. To evaluate the potential increase of
energy efficiency, an open loop drying process with a fossil fuel-based burner serves as a
benchmark. The validation was conducted with measurement data from an actual drying system.
2.1 Modelling the drying chamber
The drying chamber model has been implemented in Modelica using already existing model libraries,
TIL and TIL Media (Gräber et al. 2010). TIL is a model library for thermal components and systems,
while TIL Media contains a model library including thermophysical properties for the utilized fluids
The newly derived model consists of a volume cell representing the drying chamber, where the
drying product is exposed to the moist air. The model focusses on the heat and mass transfer
between the incoming moist air, the product that is to be heated and dried, and the outgoing moist
air.
The model for the drying chamber is connected to the rest of the system via two gas ports for in- and
outgoing moist air. Heat and mass transfer quantities are calculated with the help of the
corresponding coefficients: The heat transfer coefficient α is calculated based on convective heat
transfer (Baehr 2003) according the following equations:
𝑁𝑁𝑁𝑁𝑚𝑚,𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡
𝑁𝑁𝑁𝑁𝑚𝑚,𝑙𝑙𝑙𝑙𝑙𝑙 =

0,037𝑅𝑅𝑅𝑅 0,8 𝑃𝑃𝑃𝑃
=
1 + 2,443𝑅𝑅𝑅𝑅 −0,1 (𝑃𝑃𝑃𝑃 2⁄3 − 1)

𝑃𝑃𝑃𝑃 1⁄2
√𝜋𝜋 1/2
𝑅𝑅𝑅𝑅 ∗
2
(1 + 2,55𝑃𝑃𝑃𝑃 1⁄4 + 48,66𝑃𝑃𝑃𝑃)1⁄6

Eq. (1)

Eq. (2)

utilizing the dimensionless flow quantities of the Reynolds number 𝑅𝑅𝑅𝑅 and Prandtl number 𝑃𝑃𝑃𝑃. Since
flow conditions in the range between laminar and turbulent flow are existing, the Nusselt number is
averaged by equation (3)
2
2
𝑁𝑁𝑁𝑁𝑚𝑚 = �𝑁𝑁𝑁𝑁𝑚𝑚,𝑙𝑙𝑙𝑙𝑙𝑙
+ 𝑁𝑁𝑁𝑁𝑚𝑚,𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡

Eq. (3)

Finally, the heat transfer coefficient is calculated by equation (4)
𝛼𝛼 =

𝑁𝑁𝑁𝑁𝑚𝑚 ∗ 𝜆𝜆
𝐿𝐿

Eq. (4)

The mass transfer coefficient β is essentially based on the same principles, combined with the film
theory for mass transfer, taken from (Baehr 2003):
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𝛽𝛽 =

𝛼𝛼 ∗ 𝐿𝐿𝐿𝐿
𝜌𝜌 ∗ 𝑐𝑐𝑝𝑝

Eq. (5)

with considering the empiric Lewis-factor 𝐿𝐿𝐿𝐿. Furthermore, properties of the drying product needs to
be provided as input parameters. Property data like heat capacity for liquid water is provided by a
temperature and pressure dependent object class. However, for the moist air two of these object
classes are utilized to consider the special conditions in the drying chamber: One pressure and
enthalpy dependent moist air object that represents the incoming dry and hot air and one pressure
and temperature dependent air object that calculates the property data of the moist air directly at the
surface of the drying product. It is assumed that the air on the product surface features the same
temperature as the product and is considered as saturated air with a relative humidity of 100 %.
Combining the quantities outlined above, the mass flow rate for the water that is being removed of
the product over the time can be calculated, based on film theory for mass transfer (H.D. & K., 2003):
𝑚𝑚̇ =

�𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤
𝑀𝑀
𝑝𝑝
∗
∗ 𝛽𝛽 ∗ 𝐴𝐴 ∗ 𝑎𝑎 ∗ (𝑥𝑥𝑖𝑖,𝑠𝑠𝑠𝑠𝑠𝑠 − 𝑥𝑥𝑖𝑖,𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖𝑖 )
�𝑎𝑎𝑎𝑎𝑎𝑎
(𝑇𝑇 ∗ 𝑅𝑅𝐵𝐵 )
𝑀𝑀

Eq. (6)

� as the molar mass of water and air, 𝑅𝑅𝐵𝐵 as the specific gas constant, 𝑥𝑥𝑥𝑥 as the mass fraction
with 𝑀𝑀
and 𝑎𝑎 as the activity coefficient, which considers the decelerated mass transfer at the end of a drying
process when the capillary forces are limiting the water release from the product (Deans, 2001). The
activity factor is characteristic for each type of product and needs to be measured.
For the drying chamber model, the usual energy and mass balances are augmented with equation
(7), which considers the progress of the drying:

𝑑𝑑𝑚𝑚𝑤𝑤
= −𝑚𝑚̇
𝑑𝑑𝑑𝑑

Eq. (7)

The modelling of the dryer cell was conducted in an object-oriented way with the potential to
theoretically investigate various different drying products. That way, the standalone cell can be
universally implemented in both open-loop or closed-loop drying processes.
2.2 Validation of the model
The model for the drying chamber is validated against measurement data which was provided by
Innotech GmbH, a German manufacturer of drying systems. The validation is conducted with two
types of measurement data sets, which differ in the general scaling of the drying processes.
The model was provided with measured input parameters for the inlet relative humidity, the air
velocity in the drying chamber and the inlet temperature of the moist air according Table 1.
Table 1: Measurement data for apple drying, provided by Innotech GmbH
Mass of product

3 kg

100 kg

Drying temperature

55 °C

70 °C

Inlet relative humidity

16 %

10 %

Outlet relative humidity

40 %

-

Moist air volume flow

0.07 m³/h

5500 m³/h

Moist air velocity

1.3 m/s

-

Drying time

8h

8h

Removed water

-

15-20 kgH20/h

Figure 2 (left) shows the successful simulation of the drying curve for the small-scaled system, with
a maximum deviation of 10 % between the measurement and the model. For the large-scaled

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3204

measurement of 100kg apples in figure 2 (right), it is measured that five hours after the drying
process has started, 70kg of water has been removed from the product, which has been correctly
estimated by the model. Therefore, the model reproduces the system behaviour for both
measurement data sets in an accurate way and can be thus considered successfully validated.

Figure 2: Drying of initially 3kg (left) and 100kg (right) of apples, measurement Innotech GmbH vs
Modelica model

2.3 Implementation of a heat pump
The final aim of this study is to utilize the validated model of the drying chamber to evaluate heat
pump-assisted drying systems. To be able to make more precise statements on the energetic
efficiency of a drying process, various system setups are investigated in this section: A benchmark
open-loop system without heat pumps, a simple heat pump system with two gas coolers and a more
elaborated heat pump system with two evaporators. Furthermore, the effect of direct recirculation of
moist air by usage of a bypass will be examined.
The simplest system for a drying process is an open-loop process, where ambient air is heated via
a fossil fuel burner and being released to the environment after passing the drying chamber, as
depicted in figure 3 (left). The general requirements to the system regarding components or control
schemes are low. As for the model, ambient air of 25 °C is sucked in and heated up with
approximately 80 kW to keep the inlet temperature at 70 °C.

Figure 3: Main components of the simulated open-loop benchmark setup (left) and the simulated heat
pump drying process with R744 (right)

However, to increase the energy efficiency of any drying process, a closed-loop system for the moist
air is a promising setup to lower energy consumption. The amount of heating load that is required to
provide a specific drying temperature can be decreased by re-utilization of the still hot air from the
drying chamber outlet. Therefore, a heat pump with CO2 (R744) as refrigerant is used, as shown in
figure 3 (right). To drain the absorbed water, the moist air needs to be conditioned to a lower
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temperature. First, the air is cooled down in the evaporator to enforce condensation and remove
moisture. Afterwards, it is reheated again by the gas cooler to provide relatively dry hot air to the
drying chamber.
In the CO2-cycle a second gas cooler is required. On one hand to ensure an efficient CO2-cycle
with crossing the critical point before the following expansion in the valve, on the other hand to
dispose excess heat: surplus heat is introduced into the heat pump system via the compressor load,
and since drying is an isenthalpic process and since the moist air cycle is a closed-loop system, an
additional heat sink is needed. Figure 4 shows a CO2 heat pump cycle in a temperature-entropy
diagram, with the corresponding cooling and re-heating of the moist air for humidity removal in the
evaporator.

Figure 4: Heat pump assisted drier with R744 for a drying temperature of 50 °C

Furthermore, an assessment of the control variables for the system in figure 3 (right) shows that a
second evaporator might be beneficial: The load of the second gas cooler is controlled by the speed
of the fan to control the inlet temperature to the valve. The valve position is controlling the high
pressure and the compressor speed is used to control the inlet temperature to the drying chamber.
The moist air fan is providing a constant volume flow. Therefore, there is a lack of a control variable
to control the low pressure of the CO2-cycle and thus the evaporator load. This leads to the
introduction of a second evaporator arranged in a parallel setup, as shown in figure 5 (left).

Figure 5: Enhanced components of the simulated heat pump drying process (left) and exemplary
scheme for a heat pump drying process with a bypass on air side, with cut-off heat pump (right)
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The last system setup that is evaluated in the next section features the implementation of a moist air
bypass within the closed-loop cycle. A direct recirculation of 20 % and 50 % of the overall moist air
volume flow will be examined. The percentage of recirculation is adjusted by choosing appropriate
pressure drop values for the tubes in the bypass and evaporator circuit. By reducing the volume flow
in both the evaporator and gas cooler, less energy consumption is expected due to a reduced
compressor load. Any of the previously introduced systems could be equipped with a bypass on the
air side. A simplified scheme of the system layout is illustrated in figure 5 (right), for reasons of clarity
with a cut-off heat pump.
2.4 Simulation results and outlook
Three different system setups for a heat pump assisted dryer are investigated regarding their
quantity of energy savings in comparison towards an open-loop benchmark setup. The heat pump
system with two parallel evaporators (figure 5 (left)) will in the following be referred to as "No Bypass".
Furthermore, this system will be upgraded with a bypass, which enables a 20 % and 50 % direct
recirculation of the overall moist air flow. Therefore, four system designs are compared in figures 68.
The investigated systems are based on a dryer capacity which provides the removal of up to 7 kg
water per hour at the considered drying conditions. The inlet temperature for the drying chamber has
been controlled to 50 °C for all four systems. For the open-loop system, the moist air is just being
released to the environment. For the three heat pump-assisted systems, the moist air is cooled down
in the evaporator to 30 – 35 °C, depending on the amount of bypassed air, as seen in figure 6 (left):

Figure 6: Simulation results for four investigated systems, dryer outlet temperature (left) and product
mass (right)

Figure 7: Simulation results for four investigated systems, relative humidity for the dryer inlet (left)
and outlet (right)
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If the end of the drying process is defined with 70 kg of water that has been evaporated from the
initial 100 kg of apples, then the following times are needed to finish the drying: "Open-loop
Benchmark" 11.7 h, "No Bypass" 13.6 h, "20 % Bypass" 14.5 h and "50 % Bypass" 16.8 h, as
illustrated by figure 6 (right) The required drying time is the shortest for the open-loop benchmark
system, as relatively dry air is heated and fed to the drying chamber. The circulation of air within a
closed-loop setup leads to a higher relative humidity and thus extended drying times (figure 7).
Relatively, the utilization of heat pumps leads to an increase in time by 13 – 43 % regarding the
setup.
The COP for all three heat pump-assisted systems is approximately 3.2, with a gas cooler to
compressor load ratio of

𝑄𝑄̇
𝑃𝑃𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐

[kW/kW] = 29/9 for "No Bypass", 25/8 for "20 % Bypass" and 18.5/6

for "50 % Bypass". The heat supply of the "Open-Loop Burner" was 56 kW.
The process efficiency was evaluated through the specific moisture evaporation rate (SMER) for the
drying process, which states how much water can be removed from the product with the utilization
of 1 kWh. The SMER is defined by
𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 =

𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 𝑜𝑜𝑜𝑜 𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤𝑤 (𝑘𝑘𝑘𝑘)
𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒𝑒 𝑢𝑢𝑢𝑢𝑢𝑢𝑢𝑢 (𝑘𝑘𝑘𝑘ℎ)

Eq. (8)

Figure 8: Simulation results for four investigated systems, comparison of the specific moisture
evaporation rate (SMER)

In the examined temperature range, the latent heat of water evaporation is 0.63 kWh (2250 kJ). This
amount of energy is required to evaporate 1 kg of water, leading to a reciprocal value of 1.6 kg/kWh.
Therefore, figure 8 shows that the SMER for the open-loop benchmark system is quite low in
comparison to typical values for the SMER than can be found in literature (Chou et al. 2006). This
indicates rather inefficient drying conditions and a product that is difficult to dry (in this case apples,
with an initial moisture content of approximately 80 %).
The implementation of a heat pump has the potential for energy related savings of 80 % in
comparison to the examined benchmark process, which can be even increased with the usage of a
bypass. Since the open-loop benchmark system was operated without a bypass, the evaluation of
the bypass cycles should be referred to the "No Bypass"-system, to highlight the impact of the bypass
utilization towards the same general system setup. Therefore, in comparison to the "No Bypass"system, the "50 % Bypass"-system offers a decrease in energy consumption by 28 %, but also an
increase of the drying time by 24 %.
It should be noted that the investigated bypass systems were not optimally controlled in this study,
leading to a constant recirculation of moist air and thus, to a non-optimal utilization of the bypass.
An adequate control strategy to address the varying heat demand during a typical drying process
provides potential for further energy and time savings.
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The loss of heating load in the second gas cooler was not considered in the calculations for energy
consumption. To further improve the SMER of the heat pump-assisted drying, the heat losses to the
environment through the second gas cooler could be cut by applying an on/off regulation in case the
drying temperature is getting to high due to the surplus heat from the compression work.
Generally, the heat transfer properties between CO2 and moist air are a limitation towards the overall
system efficiency. The application of intermediate water or glycol sub-cycles between the heat pump
and the drying loop could enhance the overall heat transfer and provide more control in adjusting
the dryer inlet temperature, with the utilization of water tanks to store heat and cold, respectively.

3 CONCLUSION
A dynamic model for the drying chamber was developed in Modelica to demonstrate the potential
energy saving for drying processes at common food drying temperatures. The model allows better
understanding of the drying characteristics of the heat pump assisted drying system and enables
more sophisticated dimensioning and design of future drying systems. The simulation results were
successfully validated towards measurement data.
The simulations show that the desired drying conditions can be reached with the suggested R744
heat pump system. It has been shown that the utilization of a heat pump to provide heating and
cooling for a drying process can increase the energetic efficiency by up to 80 % but results in an
increased drying time by 13 – 43 %. Furthermore, a variation of the heat pump system design holds
further improvements in efficiency. A bypass for direct recirculation of moist air was investigated to
decrease the loads in gas cooler and evaporator, providing energy savings of 28 % but demanding
a drying time increase by 24 %. A second evaporator was introduced to control the low pressure and
thus the evaporator load and water drain.
Further studies are especially required in the overall control of the heat pump system. As indicated,
a more sophisticated dynamic control for the bypass mass flow offers great potential for further
optimizations during the different phases of the drying process, especially regarding the energy
consumption.
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ABSTRACT
The frozen storage of fish has already been practically used all over the world, but if the quality is
further improved, there is a possibility that the fish can be frozen preserved with the quality that can
be used for sushi. To that end, improvement of post-harvest treatments is effective. The treatments
currently used are slow killing in ice water or individual quick killing, both are followed by immersion
cooling in ice water. However, individual quick killing is not practical for massively caught fish and
ice water has a problem such that the temperature distribution may not be uniform. To solve this
problem, ice slurry is thought to be effective. In this study, we used living horse mackerel. Some
were killed and cooled by using ice slurry while others were treated with conventional method. The
difference in their quality was quantitatively verified.
Keywords: Fish, Frozen Food, Ice Slurry, Postharvest Treatment.

1. INTRODUCTION
Currently, fishery produces are put in ice water which is made of crushed ice and sea water onboard
after fishing, and are kept until returning to the port. However, in this storage method, crushed ice
tends to damage the fish body, the temperature distribution of ice water is not uniform, and there is
a problem that the temperature of the fish body cannot be uniformly controlled at low temperature.
According to Kominami et al.(2014), It is obvious that the cold storage period before freezing affects
the formation of ice crystals and it is possible to suppress freezing damage by suppressing the
degradation of fish after death. By improving postharvest treatment, it can be expected to suppress
the postmortem change of fish and improve the quality of frozen fish. Therefore, it is possible to
increase the value of frozen fishery products by improving postharvest treatment. In recent years,
ice slurry has begun to be used in the fishing port. Ice slurry is a solid-liquid two-phase mixture of
fine ice and water and has both ice and water properties. It has features such as high cooling capacity,
fluidity, uniform temperature distribution, less damage to fish body, etc. It is known that ice slurry is
effective for postharvest treatment of fishery produces. However, existing researches that
investigated the effect of ice slurry treatment on fish qualities has little scientific basis. In this study,
the effectiveness of postharvest treatment using ice slurry is verified by scientific manner.

2. MATERIAL AND METHODS
Ice slurry was prepared by mixing flake ice and salt water of 0 ° C in temperature by using a mixer.
The properties of ice slurry used in this experiments were temperature = -30° C, IPF (Ice Packing
Factor) = 30%, salt content = 3.0%. Ice water (IPF=30%) was prepared with tap water and crushed
ice. Live horse mackerel (Scomber japonicus) of 441±50 g in weight, 31.0±1.5 cm in body length
was used as experimental sample. We purchased fish in living state that reached us by live fish
transportation vehicle. In this study we used three killing methods those were; ice slurry killing, ice
water killing, struggle killing that was realized by putting live fish into empty Styrofoam box and
tightened the lid and left untouched. After the death, all samples were placed in ice water for 30
minutes and then froze with air blast freezer at -40° C. It was stored at -80 ° C so as not to change
the state after freezing, and analysis was carried out within 3 months at the latest. Thawing was
carried out by two methods: ice water thawing (rapid thawing) and low temperature air thawing (slow
thawing). In addition, the frozen fish was cut to 1 cm width, 6.5-7cm height, 5.5-6cm length, and
thawed. K value, pH, impedance and drip were measured at the timing as shown in Fig. 1.
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Figure 1: Experimental method

3. RESULT AND DISCUSSION
3.1

K value

Extraction of ATP related compound was performed at an arbitrary timing. The sample solution was
extracted according to the method of Ehira et al.(1970) 1 g of fish meat on the dorsal side was taken,
4 mL of 10% PCA, 4 mL of 5% PCA, 4 mL of ion exchanged water was added and ground. After
centrifugation(20000g,10min,4° C), the supernatant was adjusted to pH 6.8-7.0 and further
centrifuged(2000g,10min,4° C) to a volume of 20 mL. Thereafter, the filtered solution was used as a
sample solution. Analysis was performed by HPLC(LC-10A:SHIMADZU co.) equipped with a reversed
phase column(silica C18M 4D:Shodex). The analysis conditions are shown in Table 1.
Column
Column
temperature
Mobile phase
Flow rate
Detector

Table1. HPLC analysis conditions

Silica C18M 4D: Shodex
35°C

0.13M phosphoric acid,0.13M trimethylamine,
0.26M Acetonitrile mixture (pH6.8)
0.8 mL∙min-1
UV260 nm

Since the K value is 3% or less under all conditions, the result is omitted. The proportion of ATP related
compound is shown in Fig. 2.
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(a) Immediately after death

(c) After ice water thawing

(b) Before thawing

(d) After air thawing

Figure 2: Result of ATP related compound measurement

From the ratio of ATP related substances after death, it was found that by using ice slurry, it dies almost
without consuming ATP. In addition, proportion of ATP related substances have hardly changed from
death to freezing. However, the ratio of ATP related substances after thawing showed the same
tendency in spite of the different thawing conditions. Since we had expected thawing condition affected
the fish quality after thawing, current result was against our expectation. The fact that the proportion of
ATP related substances showed almost no change during storage under – 80 °C even after three
months.
3.2

pH

The pH was measured at an arbitrary timing. The pH was measured according to the method of Bito
et al.(1980)10 mL of 0.02 M sodium iodoacetate solution was added to 1 g of fish meat and
homogenized, and measured with a pH meter. Results are shown in Table 2.
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Table 2. Result of pH measurement

Immediately
after death

before
thawing

Ice water
thawing

air thawing

6.58

6.14

6.11

5.84

6.05

6.08

5.89

5.80

5.96

5.99

6.00

5.87

Ice slurry
killing
Ice water
killing
Struggle
killing

It is not statistically reliable because the number of samples is not enough, but it turned out that the pH
tends to rise when using ice slurry. In addition, when thawing with ice water, pH tended to be higher
than air thawing.
3.3 Impedance
Complex impedance measurement was performed in the frequency range of 50 Hz to 3 MHz. The
impedance measurement conditions are shown in the Table 3.
Equipment
Electrode
(material, interval)
Frequency
Sample size

Table 3. Impedance analysis conditions

LCR meter (HIOKI, 3532-50, LCR Hi-TESTER)
Platinum wire(φ0.3mm×5mm)
30mm
50~3M [Hz]
10mm×10mm×10mm

(a) immediately after death

(b) After ice water thawing

(c) After air thawing
Figure 3: Result of Impedance measurement
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In Fig. 3a, the impedance was kept higher in the order of ice slurry, ice water, struggle killing. That is,
it is considered that damage of cells is small when ice slurry is used. However, after thawing, there
was no change in impedance, regardless of thawing method. In Fig. 3c, the impedance of struggle
killing was lower than that of ice water killing. This seemed reasonable trend but when we compare
Figs. 3b and 3c, we found unreasonable trend that the impedance of ice water killing sample was
higher in air thawing than in ice water thawing. This trend should be examined again.
3.4 Drip Loss
The weight before thawing and the weight after wiping off the drip after thawing were measured, and
the drip loss was calculated from the following equation.
𝒅𝒓𝒊𝒑 𝒍𝒐𝒔𝒔[%] =

(a) After ice water thawing

𝑾𝒇 − 𝑾𝒕
× 𝟏𝟎𝟎
𝑾𝒇

(b) After air thawing

Figure 4: Result of drip loss measurement

It was shown that the ice water thawing tended to lessen drip loss than air thawing. Also, in both
thawing methods, there was a tendency that the drip amount increased in the case of struggle killing.
However, the measured value of drip loss for ice water killing sample did not show reasonable trend.

4. CONCLUSION
From the current experimental results, it is indicated that using ice slurry in postharvest treatment was
mostly effective to improve the fish quality. In detail, however, the data on fish killed with ice water indicated
some unreasonable trend. It was no doubt the ice slurry instant killing was significantly better than the agony
of death. Also, it was interesting that there was no change in ATP related compounds in storage (- 80° C)
for 3 months. In our future plan, more variations of thawing method, e.g. thawing by running water and
thawing by ice slurry, should be examined.
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ABSTRACT
In this study, 1% nano-TiO2 and 3% anthocyanin were incorporated into poly(vinyl) alcohol, and the
intelligent poly(vinyl) alcohol packaging film was prepared by solution casting method. In order to
study the effect of the packaging film on the storage quality of Pseudosciaena crocea, the indexes
of TBA, total bacteria and pH were used to evaluate the freshness of Pseudosciaena crocea during
refrigerated storage. The visible dynamic color changes of the film due to the change of pH value of
Pseudosciaena crocea fish meat was also studied to discuss the freshness preservation and quality
dynamic monitoring ability of intelligent poly(vinyl) alcohol packaging film. The results showed that
the TBA, total bacteria and pH values of the PVA-nano-TiO2-anthocyanin film packaged group were
better than those of the unpackaged and pure PVA film packaged groups. The total number of
bacteria at the 16th day of storage reached 7.11 lg cfu/g for PVA-nano-TiO2-anthocyanin film
packaged group, compared with 7.14 lg cfu/g and 7.03 lg cfu/g on the 12th day of storage in other
experimental groups, the shelf life was extended 4 days. During the 20 days storage period, the
poly(vinyl) alcohol-nano-TiO2-anthocyanin film can well responded with the changes of pH values of
Pseudosciaena crocea fish meat by visible color changes. Therefore, the intelligent poly(vinyl)
alcohol packaging film prepared in this study can not only have beneficial effects on the preservation
of foods, but also can serve as a color indicator to achieve intelligent monitoring in the food storage
process.
Key words: Poly(vinyl) Alcohol, Nano-TiO2, Anthocyanin, Intelligent Monitoring, Preservation Quality.

1. INTRODUCTION
Pseudosciaena crocea (large yellow croaker) is a warm-water offshore cluster of migratory fish. And
it is deeply loved by consumers because of its delicate meat, delicious taste and rich in nutrition.
However, the high moisture content, pH and nutrient content of fresh large yellow croaker made it
become one of the products that are prone to spoilage during transportation and storage. Spoilage
during the preservation of large yellow croaker was usually caused by lipid infiltration and microbial
growth, and resulting in lipid oxidation and protein degradation, the shelf life of the fish was greatly
shorten (Ojagh et al., 2010). At present, biological preservatives (Liu et al., 2015), ice preservation
method (Wang et al., 2009) and ozone treatment (Yuan et al., 2010) was used to effectively extend
the shelf life of large yellow croaker for domestic and foreign researchers. However, the intelligent
antibacterial and anti-oxidation packaging film based on poly(vinyl)alcohol has not been involved in
the preservation of large yellow croaker.
Based on previous studies on the physicochemical properties of PVA-nano-TiO2 active films and
PVA-nano-TiO2-anthocyanin active films, suitable active substance addition ratios were screened. In
this study, the antibacterial property of nano-TiO2 and the antioxidant property of anthocyanins were
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combined. The PVA-nano-TiO2-anthocyanin film was used to package large yellow croaker. The
sensory quality changes, lipid peroxidation (TBA), total bacterial count (TVC), volatile base nitrogen
(TVB-N), pH value of large yellow croaker fish were studied during packaging storage. And the
dynamic color difference of the film caused by the change of the pH value of the large yellow croaker
fish was also studied. In this way, the preservation effect and quality dynamic monitoring ability of
this intelligent antibacterial anti-oxidation packaging film are discussed, which provides a reference
for the development of smart packaging film in the future.

2. MATERIALS AND METHODS
2.1. Preparation of Packaging Film
2.1.1. Preparation of PVA glue, PVA-nano-TiO2 blending solution and ANT solution
Refer to the solution casting method of Chen et al (Chen et al., 2017). 22 g of PVA resin pellets and
200 mL of distilled water were placed in a beaker, heated solution at 95 °C and continuously stirred
until completely swollen, 1 mL of glycerol was added as a plasticizer and stirred for 30 min, and
finally obtain a PVA glue.
Nano-TiO2 (relative to 1% w/w of PVA dry mass) was mixed into the PVA glue, continued stirring for
2 h until the nano-TiO2 was uniformly dispersed in the solution, finally a PVA-nano-TiO2 blending
solution was prepared.
The purple potato anthocyanins (ANT) (3% w/w relative to the dry mass of PVA) were dissolved in
50 mL HCL (pH = 3) in a 100 mL Erlenmeyer flask and magnetically stirred for 2 h at room
temperature. The ANT solution was finally prepared, and the conical flask was wrapped in aluminum
foil and stored in a cool place.
2.1.2. Preparation of Pure PVA Film and ANT-PVA-TiO2 Film
The PVA glue was poured onto a glass plate of a thermostat heater, and the temperature of the glass
plate was adjusted to 60 °C. The glue was uniformly coated on the glass plate by the tie rods with
the same gap height. After pre-experiment, the film drying time was 50 min. The prepared pure PVA
film was packaged in a high-resistance aluminum foil bag for use.
The PVA-nano TiO2 blending solution was mixed with the ANT solution, magnetically stirred at 40 °
C for 20 min, and then the ANT-PVA-TiO2 blending glue was placed in a vacuum oven at 23 ± 1 °C
for 1 d to remove air bubbles. The prepared blended glue was poured on a glass plate of a thermostat
heater, and the temperature of the glass plate was adjusted to 60 °C. The glue is uniformly coated
on the glass plate by the tie rods with the same gap height. After pre-experiment, the film drying time
was 40 min. The prepared PVA packaging film was packaged in a high-resistance aluminum foil bag
for use, which marked ANT-PVA-TiO2.
2.2. Raw Material Sample Pre-treatment and Packaging Preservation
The fresh large yellow croakers were brought back to the laboratory. After killing the fish by placing
in ice cubes, quickly cut a back muscle of a large yellow croaker (200±5 g), and then took 80±5 g of
fish into a 4°C refrigerator for storage and preservation, which used in comparison. The packaged
fresh-keeping group was packaged with the prepared ANT-PVA-TiO2 film and pure PVA film, and
placed in a refrigerator at 4 ° C. The control group was directly placed in a refrigerator at 4 ° C without
any packaged treatment. The fresh-keeping indicators were sampled after 0, 4, 8, 12, 16 and 20 d,
and each index was made into three groups of parallel.
2.3. Determination of Lipid Peroxidation (TBA)
Referr to the TBA determination method of Wu et al. (2017).
2.4. Determination of the Total Number of Bacteria (TVC)
The total number of colonies referred to the plate counting method in GB 4789.2-2016 National Food
Safety Standard, which named Determination of the total number of colonies in food microbiology
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test (GB 4789.2., 2016).
2.5. Determination of pH and Dynamic Colour Difference
The pH value was determined by reference to the pH-acidity method (GB/T 5009.45., 2003) in the
analytical method for aquatic product hygiene standards. The pH was measured at 0, 4, 8, 12, 16
and 20 d, respectively.
The color difference meter was used to measure the dynamic color difference of the ANT-PVA-TiO2
film due to the change in the pH of the fish sample, and photographed by using a smart camera. The
white standard plate was tested as a background in triplicate, where in the measured color parameter
L* value was brightness (black-white), a* value was red (green-red), and b* value was yellow (blueyellow). The color difference (ΔE) represents the following equation:
∆E = ((∆L∗ )2 + (∆a∗ )2 + (∆b∗ )2 )0.5

Eq.(1)

where ΔL*=L*-L0*, Δa*=a*-a0*, Δb*=b*-b0*.
2.6. Statistical Analysis
The experimental data was analyzed by SPSS 19.0 software. The results were expressed as mean
± standard deviation, and the data curves were drawn using Origin Pro V8.5 software.

3. RESULTS AND DISCUSSION
3.1. Changes of Lipid Peroxidation during the Preservation of Large Yellow Croaker
Fig. 1 shows the effect of different packaging treatments on the TBA value of large yellow croaker
during storage at 4 °C. It can be seen from the figure1 that with the increase of storage time, the
TBA values of large yellow croakers in different treatments are increasing. The rise of TBA in the
untreated group was the fastest, the pure PVA film packaging treatment group was followed, and the
increase in the ANT-PVA-TiO2 film packaging treatment group was the slowest. This was mainly
because the fat in the untreated group of fish was constantly in contact with oxygen. With the storage
time increased, the degree of oxidative rancidity became more and more serious, resulting in a rapid
increasing in TBA value. Fish meat packaged in pure PVA film can hinder the contact between fish
and oxygen to a certain extent, and slowed a slower oxidation rate of fish lipids. On the one hand,
ANT-PVA-TiO2 film has good antioxidant capacity by combining anthocyanins. On the another hand,
the addition of nano-TiO2 can impart excellent oxygen barrier properties to the film, the study by
Alateyah et al. (2013) also showed that the incorporation of nano-TiO2 into the film can effectively
block oxygen from one side of the film to the other. Under the action of these two factors, the TBA of
the ANT-PVA-TiO2 film packaging treatment group was significantly lower than that of the other
treatment groups. So, during the storage of the active film packaging, the ANT-PVA-TiO2 film
continuously released anthocyanins. The surface of the fish removes oxygen free radicals, and the
other side blocks the contact of the fish with the outside oxygen, which greatly reduces the rate of
lipid peroxidation of the fish, thereby effectively extending the shelf life of the large yellow croaker.
Shen et al. (2011) used fresh cellulose and proanthocyanidin film to package fresh lard. The results
showed that anthocyanin was slowly released from the film into lard and had excellent antioxidant
properties, which could effectively extend the shelf life of food.
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Figure1: Changes in TBA values of Pseudosciaena crocea during 4℃ storage.

3.2. Changes in the Total Number of Bacteria during the Preservation of Large Yellow Croaker
Fig. 2 showed the changes in the total bacterial count of large yellow croaker under different
treatments during storage at 4 °C. With the increase of storage time, the total number of bacteria in
the three groups of different treatments showed an upward trend. The total number of bacteria on
the 12th day of the untreated group and the pure PVA film packaging treatment group reached 7.14
lg cfu/g and 7.03 lg cfu/g, respectively, which exceeded the international standard. The upper limit
of the total number of acceptable bacteria in fresh fish was 7 lg cfu. /g (ICMSF) (1986), the results
showed that the shelf life of large yellow croaker in these two treatments was 12 days, mainly
because the bacteria in the fish grow and multiply as the storage time increases, which directly led
to the spoilage of fish. The total number of bacteria on the 12th day of the large yellow croaker
treated with ANT-PVA-TiO2 film reached 6.37 lg cfu/g, which was still within the acceptable range.
The total number of bacteria on the 16th day rose to 7.11 lg cfu/ g. On the one hand, nano-TiO2 was
released from the active film to the surface of the fish, and its excellent antibacterial property inhibited
the growth of bacteria in the fish, Lian et al (Liu et al., 2016) bind the nano-TiO2 into the PVA/chitosan
film. It was also proved by the inhibition zone experiment that the antibacterial activity of the film
increased with the increase of the concentration of nano-TiO2, and the simulation showed that the
nano-TiO2 could be slowly released from the film. On the other hand, ANT-PVA-TiO2 film had
excellent oxygen barrier properties and greatly inhibits the growth of aerobic bacteria. Therefore,
packaging large yellow croaker with ANT-PVA-TiO2 film can effectively extend the shelf life of large
yellow croaker.

Figure 2: Changes in total viable counts (TVC) of Pseudosciaena crocea during 4℃ storage.

3.3. Changes of Dynamic Color Difference in Packaging Film and pH during the Preservation
of Large Yellow Croaker
Fig. 3a reflected the change in pH of large yellow croaker in three treatments during storage at 4 °C.
The initial pH of fresh large yellow croaker was 6.65-6.66. In the early stage of storage, sugar was
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produced in the fish. The original decomposition into pyruvate, and then decomposed into lactic acid,
which led to a decrease in the pH of the fish (Qiu et al., 2014), from the middle to the end of the
storage period, due to microbial growth, a large amount of protein and other nutrients were
decomposed and some basic products were produced, which made the pH of the fish gradually
increase (Xu et al., 2014). The pH values of the untreated group and the pure PVA film packaging
treatment group on the 4th day were 6.64 and 6.59, respectively, which were slightly lower than the
initial value, because the large yellow croaker treated in these two ways was in the middle of storage
on the 4th day. The formation of lactic acid in fish meat has ended, and nutrients such as protein
have begun to decompose to produce alkaline substances, and the pH value in fish meat was
gradually rising. The pH value of large yellow croaker treated by ANT-PVA-TiO2 film was reduced to
6.37 on the 4th day, which was significantly different from that of the untreated group and the pure
PVA film packaging treatment group. This was because the ANT-PVA-TiO2 film packaging treatment
group was still in the pre-storage period on the 4th day, and the lactic acid in the fish meat was
continuously formed, resulting in a significant decrease in pH. At the storage time of 4-20 days, the
pH value of the yellow croaker under the three treatment methods showed an increasing trend, but
the upward trend of the ANT-PVA-TiO2 film packaging treatment group was significantly lower than
that of the untreated group and the pure PVA film. This was mainly because ANT-PVA-TiO2 film
continuously releases anthocyanins and nano-TiO2 to the surface of fish during the process of storing
large yellow croaker, which effectively blocking the contact between fish and oxygen, and played an
important role in preservation. The results showed that the treatment of large yellow croaker with
ANT-PVA-TiO2 film can prolong the lactic acid formation time during storage and effectively extend
the shelf life of large yellow croaker.
The color changes of ANT-PVA-TiO2 film during storage of large yellow croaker at 4 °C were shown
in Fig. 3b. The film was grayish brown (0 d), reddish brown during storage. (4 d), light reddish brown
(8 d), flesh color (12 d), gray (16 d) and dark gray (20 d), which in turn responded to changes in fish
pH during storage of large yellow croaker for 20 days. According to Table 1, the brightness (L*) of
the film decreased first and then increased, the redness (a*) increased first and then decreased, and
the yellowness (b*) increased first, then decreased and then increased. Because the large yellow
croaker was packaged on the 0th day, the starting color of the film remained as the original grayish
brown. During the storage period of 0-4 d, the pH value of the fish meat gradually decreased due to
the formation of lactic acid in the fish meat of the large yellow croaker. The anthocyanin in the ANTPVA-TiO2 film responded to the change of the environmental pH, and the dynamic color difference
of the film occurred. The a* value and the b* value increased significantly, the L* value decreased
significantly, and the film exhibited a reddish brown color, and its color difference (ΔE) with respect
to 0 d also increased significantly. During the storage period of 4-16 d, the nutrients such as protein
in the fish gradually decomposed into alkaline substances, the pH value of the fish gradually
increased, and the film began to change to the original film color (gray brown), so the film
performance at 8th day was light reddish brown. On the 12th day, the film showed flesh color and
the 16th day film showed gray color. The a* value and b* value decreased significantly, the L* value
increased significantly, and the film ΔE value gradually decreased with respect to 0 d. During the
storage period of 16-20 days, the pH value of the fish of the large yellow croaker has exceeded 7,
and the film turned dark gray. The a* value and L* value gradually decreased, while the b* value and
ΔE value increased significantly. The results showed that the ANT-PVA-TiO2 film can truly reflect the
change of the pH value of the large yellow croaker fish meat during the storage process of 20 d.
Table 1. Color parameters (the values of L *, a*, b* and ΔE) of active packaging film during 4℃
refrigerated storage

Time（d）
L*
a*
0
81.90±0.09a
3.81±0.18c
4
76.48±1.06c
6.13±0.70a
8
78.27±0.59b
5.10±0.46b
b
12
78.38±1.51
4.80±0.44b
a
16
80.40±0.66
4.37±0.27bc
c
20
77.37±0.65b
3.59±0.44c
Data as average ± standard deviation (p < 0.05).

b*
12.45±0.14e
15.57±0.35b
14.45±0.11c
14.11±0.65cd
13.58±0.27d
18.04±0.47a
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16.94±0.15e
24.25±0.82a
21.25±0.60b
20.14±0.78bc
19.03±1.02c
23.28±0.66a
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Figure 3: Changes in pH values of Pseudosciaena crocea during 4℃ storage (a), the corresponding
dynamic color changes of the active packaging film during 4℃ storage (b).

4. CONCLUSION
During storage at 4 °C, the treatment of large yellow croaker with ANT-PVA-TiO2 film can effectively
inhibit the growth and reproduction of bacteria in fish, fat oxidation and amino acid decomposition,
and extend the shelf life by 4 days compared with blank. During the storage period of 0-20 days,
ANT-PVA-TiO2 film can respond well to the color changes of pH value in the fish of large yellow
croaker by visible color change, which was characterized by grayish brown (0 d), reddish brown (4
d) and light. Reddish brown (8 d), flesh (12 d), gray (16 d) and dark grey (20 d). Compared with other
conventional fresh-keeping large yellow croaker technology, this study has the advantages of not
only effectively extended the shelf life of large yellow croaker, but also visually understood the quality
changes of large yellow croaker during the storage process through visible film color changes.
Excellent performance in monitoring and active packaging. On the one hand, the film-forming
process of this study was relatively manual, so if it was to be put into production, it will be necessary
to improve the film-making process and improve the efficiency; on the other hand, for the active
substance in the ANT-PVA-TiO2 film from the film to the large yellow croaker. The release mechanism
of the surface needs further study.
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ABSTRACT
Due to the low efficiency and high energy consumption in air impinging freezer, two kinds of nozzle
structures were compared with the aim of finding the best structure and improving the Nusselt
number and heat transfer uniformity. The results showed that when the H/DE was in the range of 212, the average Nusselt number on the steel strip surface under the circular funnel nozzle was higher
than that under the circular orifice nozzle, which was higher with about 5.41% to 15.10%. The change
of the average Nusselt number on the steel strip surface under both two kinds of nozzle structures
were greatly influenced by the H/DE and was less affected by the cross flow. The heat transfer
uniformity index η on the steel strip surface under the circular funnel nozzle was lower than that
under the circular orifice nozzle with 7.06%-34.52% lower. As the H/DE increasing, the η different
between the two kinds of nozzle structures was gradually decreased. The circular funnel nozzle was
recommended to reduce the freezing time.
Keywords: Jet Impact, Freezer, Nozzle, Nusselt Number, Heat Transfer Uniformity.

1. INTRODUCTION
In recent years, because the growing demand of the quick-frozen food, quick-frozen food industry
has developed rapidly (Huan et al., 2003). However, high energy consumption and low efficiency are
the main problems in quick-freezer. Therefore, how to improve the performance of quick-freezer has
been attracted much attention (Shaikh and Prabhu, 2007). In the case of the same mass flow rate
at the cooling air inlet, changing the air outlet system is a more economical and effective way to
improve the efficiency of air impinging quick-freezer (Yang et al. (2017) and Lee et al. (2015) found
that the cross flow and the heat transfer intensity on the target surface were influenced by circular
nozzle number, diameter, spacing distance, and nozzle-to-surface distance. Shan et al. (2015) found
that as the ratio of the nozzle-to-surface distance to the circular nozzle diameter (H/DE) increased,
the peak of local Nusselt number on the target surface was shifted toward the region near the
pressure outlet. Most of the above literature focused on the Nusselt number on the target surface.
But few literature paid attention to heat transfer uniformity on the target surface. Heat transfer
uniformity is an important index for measuring the heat transfer characteristics for quick-freezers (Yu
et al., 2017). Quality of quick-frozen foods is directly influenced by heat transfer uniformity (Li et al.,
2018).
In this paper, two kinds of nozzle structures of impinging quick-freezing experimental table were
taken as the research object. When the mass flow rate at the cooling air inlet was same, the influence
of the nozzle-to-surface distance on the heat transfer characteristics under the circular orifice nozzle
and circular funnel nozzle was compared. In order to provide theoretical basis for the optimization in
air impinging quick-freezer, the optimum nozzle structure was found from the point of view of average
Nusselt number and heat transfer uniformity on the steel strip surface.
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2. EXPERIMENTAL MODEL AND SETUP
2.1.
Experimental Model
Fig. 1a was shown the model of the impinging quick-freezing experimental table. The cooling air was
driven by the centrifugal fan into the static pressure chamber of the impinging quick-freezing
experimental table. It was directly sprayed through the orifice plate to steel strip surface and flowed
in the confined rectangular channel.
Compared with the measured data of the impingement tunnel quick-freezer in Nantong Square Cold
Chain Equipment Company, the change of internal flow field in the impinging quick-freezing
experimental table and the impingement tunnel quick-freezer was same when the size of static
pressure chamber was 300 mm × 300 mm × 500 mm and the orifice plate was 300 mm × 300 mm ×
2 mm in the impinging quick-freezing experimental table. Figs. 1b, 1c and 1d were shown the model
of circular orifice nozzle and circular funnel nozzle. And the outlet area of two kinds of nozzle
structures was the same. In order to rationally distribute the nozzles, the size of static pressure
chamber and orifice plate was increased in equal proportion, which were 600 mm x 600 mm x 500
mm and 600 mm x 600 mm x 2 mm respectively (Wen, 2011). This model was symmetrical, so only
1/2 model was used for simulation. Under this size of model, two kinds of nozzle structures
parameters were shown in Table 1.

a: Model of impacting freezing test bench

b: Model of circular orifice nozzle

c:Model of circular funnel nozzle
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d: Circular funnel nozzle structure
Figure 1: Physical models of impacting freezing test bench and two kinds of nozzle structures.
Table 1. Nozzle structure parameters

Items
Inlet diameter D1 (mm)

Circular orifice nozzle
-

Circular funnel nozzle
50

Outlet diameter DE (mm)

10

10

Funnel height L1 (mm)
Jet height L2 (mm)

-

40
30

Funnel width L3 (mm)
Nozzle spacing (S.mm-1)
Nozzle Number (N)

80
7×7

20
80
7×7

2.2.

Numerical Simulation

2.2.1.

Mesh Division

The physical model was discretized by ANSYS15.0 and the mesh around the nozzle was densified
appropriately, as shown in Figure 2 (Xu et al., 2017). For circular orifice nozzle, the minimum size of
the densified mesh was 0.517 mm. The number of nodes in the whole computing domain was
634363 and the number of mesh was 224215.

Figure 2: Mesh division.

2.2.2.

Setting of Simulation Condition

The flow medium was air, and the simulation process assumes: (1) The wall of static pressure
chamber was adiabatic (Zhu et al., 2017). (2) Air was an incompressible, homogeneous viscous fluid
(Li et al., 2018).(3) During the normal operation, the internal flow field of the model was regarded as
steady state (Chen et al., 2017).
The model was involved the conservation of flow and thermal mass, so it was necessary to be
combined with the three-dimensional continuity equation, the momentum equation, the energy
equation, the k equation and the ε equation (Hou et al., 2018). Referring to the test method of Wang
et al. (2017), the inlet pressure Pin was 250 Pa and the outlet pressure Pout was 0 Pa. The inlet and
outlet temperature of cooling air in frozen area were 230 K and 235 K. The mass flow rate at the inlet
of the cooling air was 0.0644kg·s-1. The target surface was the steel strip. It was selected as wall
and with a thermal conductivity of 16.3 W·(m·℃)-1.
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2.2.3.

Experimented Verification

Due to the limitations of the test conditions, only the original model size could be test verification（the
size of static pressure chamber was 300mm × 300mm × 500mm, the orifice plate size was 300
mm×300 mm×2 mm, the outlet diameter of circular orifice nozzle was 10 mm, the nozzle spacing
was 34 mm, the nozzle number was 8×8, the ratio between nozzle-to-strip distances and outlet
diameters was 2）.By adjusting the fan frequency of the impinging quick-freezing experimental table,
the differential pressure on TESTO-510 air differential pressure instrument was kept at 250Pa. Then
the velocity in the vertical steel strip surface direction (Z direction) at the nozzle outlet was measured
by TESTO-425 hot wire anemometer. The data were recorded once every 10 seconds, and the
average values of three groups were measured in parallel. The results of the test were compared
with those of the numerical simulation, as shown in Table 3.The errors of them were within 2.83%4.95%. It was concluded that the numerical simulation of the impinging quick-freezing experimental
table was reliable (Chen et al., 2014).
Table 2. Test instrument technical parameters

Instrument

Factory

Model

Range

TESTO-510 air differential pressure
instrument

Testo
AG

TESTO510

0～104Pa

TESTO-425 hot wire anemometer

Testo
AG

TESTO425

0～
+20m.s-1

Resolution
ratio
1Pa
0.01 m.s-1

Table 3. Velocity of each circular orifice nozzle outlet in Zdirection

Number of nozzle rows

Simulation value (m·s-1)

Test value (m·s-1)

Error (%)

1
2

11.95
12.39

12.10
12.70

1.24
2.44

3
4

13.25
14.05

12.80
13.39

3.51
4.93

5

14.70

13.75

6.90

6
7

15.62
15.83

14.97
15.36

4.34
3.06

8

16.04

15.69

2.23

2.2.4.

Parameter Definition

Referring to the method of Attalla et al. (2017), the heat transfer characteristics of each position on
the steel strip surface were analyzed by selecting line A and line B. Line A was corresponded to the
center of each row of nozzles which was 7, detailed in Fig. 1b and 1c.Line B was corresponded to
the center of each row of nozzle spacing which was 6, detailed in Fig. 1b and 1c.The average Nusselt
number on line A and line B was:
Eq. (1)

Eq. (2)
The heat transfer uniformity index (η) on the steel strip surface is defined as the ratio of the standard
̅̅̅̅ ) on the steel strip surface
deviation of local Nusselt number (σNu) to the average Nusselt number (𝑁𝑢
(Wen et al., 2018). The η represents the difference of Nusselt numbers at each position on the steel
strip surface. The smaller the η, the more uniform the heat transfer on the steel strip surface is (Ma
et al., 2016). The formula is as follows:
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=

 Nu

Eq. (3)

Nu

3. RESULTS AND DISCUSSIONS
3.1.
Heat Transfer Characteristics And Uniformity On The Steel Strip Surface
Fig. 3 was shown the local Nusselt number distribution on line A and B under different H/DE.For line
A, when H/DE = 2 and 6, the difference between the maximum and minimum of the local Nusselt
numberunder the circular funnel nozzlewas 27.01% lower than that under the circular orifice nozzle.
When H/DE = 8 and 12, the difference between the maximum and minimum of the local Nusselt
number under the two kinds of nozzle structureswas not significant. For line B, when H/DE=2, 6, 8,
and 12, the local Nusselt number under the circular funnel nozzle was higher than that under the
circular orifice nozzle.
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Figure3: The local Nusselt number distribution on Line A and B under different H/DE.

The average Nusselt number on line A and B under different H/DE were shown in Fig. 4. When H/DE
were increased from 2 to 12, for line A and line B, the average Nusselt number of the two kinds of
nozzle structures were decreased gradually. The average Nusselt number on line A and B under the
circular funnel nozzle were 1.83%-13.99% and 9.05%-11.64% higher than those under the circular
orifice nozzle respectively. Similar researchhas shown that with the increasing of the nozzle-tosurface distance, the average Nusselt number on the center of the nozzle and the nozzle spacingwas
decreased (Attalla et al., 2017).

Line A for circular orifice nozzle
Line B for circular orifice nozzle
Line A for circular funnel nozzle
Line B for circular funnel nozzle
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Figure4: Average Nusselt number on line A and B.

The average Nusselt number on steel strip under different H/DE was shown in Fig. 5. When H/DE
were increased from 2 to 12, the average Nusselt number on steel strip surface under the circular
funnel nozzle was always higher than that under the circular orifice nozzle, which was about 5.41%
to 15.10% higher. Meena et al. (2016) and Vinze et al. (2016) also found that the heat transfer
intensity on the target surface was decreased with the increasing of the nozzle-to-surface distance.
Circular orifice nozzle
Circular funnel nozzle

Average Nusselt number

180
160
140
120
100
80

2

4

6

8

10

12

H/DE

Figure5: Average Nusselt number on steel strip.

Fig.6 was shownthe heat transfer uniformity index on steel strip under different H/DE. When H/DE
were increased from 2 to 12, the heat transfer uniformity indexes of the two kinds of nozzle
structureswere decreased gradually, which was 86.20% and 90.28% respectively. The heat transfer
uniformity index undercircular funnel nozzle was always lower than that under circular orifice nozzle,
which was 7.06% to 34.52% lower. Similar researches have shown that the heat transfer on the
target surface was more uniformly when the nozzle-to-surface distance was increased (Wen et al.,
2018; Ma et al., 2016).
0.8

Circular orifice nozzle
Circular funnel nozzle

0.7
0.6

η

0.5
0.4
0.3
0.2
0.1
0.0

2

4

6

H/DE
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10
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Figure6:The heat transfer uniformity index on steel strip under different H/DE.

3.2.
Analysis
One of the important factors affecting the heat transfer characteristics of impinging jet is cross flow.
Cross flow is defined as the fluid flow in the direction perpendicular to the impinging jet. It can be
formed by external flow or accumulating spent flow. The cross flow has an adverse effect on the heat
transfer on the impinging surface. The cross flow effect must be minimized in order to achieve
effective heat transfer (Nuntadusit et al., 2012 and Katti and Prabhu et al., 2009).For example, taking
frozen food as the shrimp, the cross flow velocity at 10 mm above the steel strip surface was used
to simulate the crossflow velocity of shrimp during freezing, as shown in Fig. 7 (Wang et al.,
2017).When H/DEwas increased from 2 to 12, the crossflow velocity at 10 mm above the steel strip
under the circular orifice nozzle and circular funnel nozzle was decreased, which was 63.20% and
61.39% respectively. Although the crossflow velocity of the two kinds of nozzle structureswas
decreased with the increasing ofH/DE, it can be seen from Fig. 5 that the average Nusselt number
on the steel strip of the two kinds of nozzle structures was decreased. The reason wasthat the
velocity in Z direction at 10 mm above line A under the two kinds of nozzle structureswas decreased
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gradually. Katti et al.(2009) also found that the heat transfer effect on the target surface was
decreased with the increasing of the nozzle-to-surface distance. The resultsshowed that the average
Nusselt number on the steel strip surface under the two kinds of nozzle structures was greatly
influenced by H/DE and less by cross flow.
Fig.8 was shown the velocity in Z direction at 10 mm above line A and line B of the two kinds of
nozzle structures. WhenH/DE was in the range of 2-12, the velocity in Z direction at 10 mm above
line B of the circular funnel nozzle was higher, so theaverage Nusselt number on the line B was
higher andthe heat transfer uniformity index was lower, which was theheat transfer on the steel strip
surfacewas more uniformly.

-1
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Figure7: Cross flow velocity distribution at 10 mm above the steel strip surface.
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Figure 8:The velocity in Z direction at 10 mm above line A and line B.

Flow vector diagram of nozzle outlet was shown in Fig. 9. For circular funnel nozzle, the "convex"
shaped area formed between the two kinds of nozzle structures was a cross flow buffer zone.On the
one hand, the velocity of the cross flow in the channel was reduced. Therefore, the average Nusselt
number under the circular funnel nozzle was more significant. On the other hand, the velocity in Z
direction above line B was enhanced by the large vortex formed on the left of the circular funnel
nozzle.So the average Nusselt number on the line B was increased and the heat transfer uniformity
index was decreased.

a: Circular orifice nozzle

b: Circular funnel nozzle

Figure 9. Flow vector diagram of nozzle outlet.
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4. CONCLUSIONS
In this paper, two kindsof nozzle structures of impinging quick-freezing experimental table were taken
as the research object.When the mass flow rate at the cooling air inlet was same,the influence of the
nozzle-to-surface distance on the heat transfer characteristics under the circular orifice nozzle and
circular funnel nozzle was compared. The main findings were shown as flollows:
(1) When the H/DE was in the range of 2 to 12, the average Nusselt number under the circular funnel
nozzle was 5.41%-15.10% higher than that under the circular orifice nozzle. And the heat transfer
uniformity index undercircular funnel nozzle was 7.06%-34.52% lower than that under circular orifice
nozzle. As the H/DE increasing, the η different between the two kinds of nozzle structures was
gradually decreased.The circular funnel nozzle was recommended to reduce the freezing time.
(2) When the H/DE was in the range of 2 to 12, the average Nusselt number on the steel strip surface
under the two kinds of nozzle structures was greatly influenced by H/DE and less affected by cross
flow.
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ABSTRACT
During food freezing, controlling the crystallization is a key factor in quality. Most often, modelling of
freezing is carried out assuming local thermodynamic equilibrium, considering the food product as an
equivalent monophasic material and solving numerically the problem with cells much larger than the ice
crystals. In the present work, a numerical model was developed at the scale of the ice crystals with cells
of some micrometers. This way, the solute/water mutual diffusion and the conduction of latent heat
released in the vicinity of each crystal is directly taken into account. The model was implemented with
MatLab® on a 2D mesh by considering in each cell the temperature (energy equation) and the volume
fraction of water, ice and solutes (phase change and diffusion equations). The model allows analyzing
and explaining the influence of heterogeneous nucleation sites and surrounding temperature on the
evolution of ice fraction and crystals size distribution.
Keywords: Modelling, Ice Crystals, Crystallization, Food Solution.

1. INTRODUCTION
Freezing allows preserving food and extending shelf life by reducing the product temperature and thanks
to water crystallization. The crystallization process is divided into two mechanisms: nucleation and
crystal growth.
First, nucleation is the precipitation of water molecule due to a sub-cooling under the equilibrium fusion
temperature: the system will evolve to reach the thermodynamic equilibrium by nucleation (Kashchiev
et al., 2003). Only nuclei reaching a sufficient size defined as the critical radius can grow and form ice
crystals. Secondly, crystal growth is led by three main mechanisms: the incorporation of water molecules
to the crystal, the water diffusion from the liquid phase to the crystal surface and the dissipation of the
latent heat of water solidification by conduction (Hartel, 2001; Kiani et al., 2011). Thus, nucleation and
crystal growth rates control the final number and sizes of ice crystals. These rates are function of the
freezing rate (temperature decrease versus time): an increase of the freezing rate leads to more
numerous and smaller ice crystals as demonstrated in various food products: bakery dough (Mousavi
et al., 2005, Ban et al., 2016), fish (Kaale et al., 2013, Kobayashi et al., 2015) and meat (Mousavi et al.,
2007). For food and biological products, ice crystal characteristics (size, shape and location) have a
direct impact on the microstructure because crystals may provide irreversible cell and tissue damages
resulting on quality losses (Alizadeh et al., 2007, Boonsumrej et al., 2007).
Some models were developed to predict crystallization in solutions from nucleation and crystal growth
rate expressions (Hartel, 2001; Kiani et al., 2011; Leiter et al., 2016) according to the deviation of the
system from the thermodynamic equilibrium (Bald, 1991). Based on these assumptions, the population
balance method (Randolph et al., 1988) was able to predict, in a representative elementary volume, the
crystal size distribution. This method is expressed as a non-linear differential equation describing the
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number of crystal incoming and outgoing in a certain range of size due to crystal growth and nucleation.
To our knowledge, only one model was developed for freezing, considering energy and mass transfer
at ice crystal scale for each phase of a sucrose solution (van der Sman, 2016). A phase field method
was used for the numerical solving at the interface between the liquid and the solid phase.
The aim of the present work is to develop a crystallization model at ice crystal scale in a solution during
freezing. This 2D model solves the energy and mass transfer in each phase (liquid and solid) of the
solution during freezing, using an original level-set finite volume method. With this model, the
temperature and the volume fraction of water, ice and solute are estimated in each cell. Some
simulations were performed to predict the crystallization characteristics in a sucrose solution according
to the freezing conditions (mechanical and cryogenic).

2. MATERIALS AND METHODS
2.1.

Main Assumptions of Modelling

The model aims to predict crystallization in 2D for a motionless solution during freezing. For this article,
the model was applied to a sucrose solution, so two components were considered: water (or ice) and
sucrose, and two phases: liquid (water/sucrose) and solid (ice). Expansion due to freezing and density
variation with temperature or solute concentration were neglected. The model considers a rectangular
slice (width=200 µm, height=10 mm) of plate-like product from the symmetry plane to the surface which
is cooled down by cold air or nitrogen. The stochastic secondary nucleation is assumed: nucleation sites
are randomly located with a given nuclei density. Nucleation on such a site begins if a sufficient supercooling is reached (Eq. (1)):
<

( )−∆

Eq. (1)

where Teq(Cs) is the equilibrium freezing temperature which depends on the solute fraction in the liquid
phase (Cs) and ∆Ts is a random super-cooling. Here a uniform distribution law between 2 and 5°C was
assumed for ∆Ts.

2.2.

Transfer Phenomena

Energy and mass transfer equations are separately written for each phase.
There is no solute in the solid phase, only heat conduction is considered throughout crystals. The energy
conservation equation coupled with Fourier's law gives Eq. (2) (Second Fourier’s law):
= .

Eq. (2)

where
is the density, Cpi is the mass specific heat capacity of ice, T is the temperature, t is the time
and
is the ice thermal conductivity.
In the liquid phase, mutual sucrose/water diffusion has to be taken into account. Indeed, when an ice
crystal grows, liquid water concentration decreases near its surface but solute remains in the liquid
phase where its concentration increases. Thus, sucrose concentration gradients appear. Coupling the
mass conservation equation and Fick's law leads to Eq. (3) (Second Fick’s law):
= .

Eq. (3)

where S is the sucrose volume fraction in the product and D is the sucrose diffusivity in water.
As for the solid phase, heat conduction is considered throughout the liquid phase (Eq. (4)):
= .

where Cpl is the mass specific heat capacity of the liquid phase (water and solute) and
conductivity.
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2.3.

Interface and Boundary Conditions

At the interface between the liquid and the solid phase, crystal growth happens. The growth rate (Gi in
m s-1) is calculated thanks to Eq. (5):
=

( )−

Eq. (5)

where
is the crystalline growth coefficient which here only takes into account the resistance of
incorporation for the water molecules in ice crystal structure.
As explained above, crystals are formed as pure ice, the solute remains in the solution and tends to
move away from the crystal surface. So, the sum of the diffusive flux in the liquid phase (l) and convective
flux is null at the interface (Eq. (6)):
−

.

| +

=0

Eq. (6)

is the unit normal vector to the interface oriented from the solid phase to the liquid phase.
The heat flux continuity is expressed with Eq. (7) considering the heat conduction in the solid (i), the
heat released by the water solidification and the heat conduction in the liquid phase (l):
−

.

| +

#$ = −

.

|

Eq. (7)

where Lf is the latent heat of water fusion.
There is no heat flux at the lateral faces and at the symmetry plane. At the product surface, the
conductive heat flux is released to the surrounding cold air by convection (Eq. (8)):
−λ∇ .

= ℎ( −

()* )

Eq. (8)

where h is the convective heat transfer coefficient, Text is the temperature of the surroundings.
At all boundaries, there is no solute flux.

2.4.

Numerical Solution

Different numerical techniques can be employed to solve such a numerical problem considering moving
interfaces. First, a moving mesh can be used so that each cell still contains only one phase (either solid
or liquid). Secondly, a phase field approach can be applied as done by van der Sman (2016). Here an
original level-set approach was implemented where a cell can contain both phases if an interface
crosses the cell.
For the space discretization in 2D, a finite volume method with a fixed mesh of squares (of size ∆x) was
used. Each cell is characterized by the temperature (T), and the volume fraction of ice (I), of liquid water
(W) and of solute (S). Most of the cells are only composed of one phase: liquid (I=0 Cs=S/(S+W)) or
solid (I=1, W=S=0). When an interface belongs to a cell, it contains both phases. The position of the
interface is not precisely determined, but the volume fraction of each phase in the cell is known: the
volume fraction of the solid corresponds to I and the volume fraction of the liquid phase to S+W. In all
the case, the solute fraction in the liquid is Cs =S/(S+W).
The numerical solving is divided into three steps in the following order: crystallization, solute diffusion
and heat conduction.
2.4.1

Crystallization

The ice crystallization is solved with an explicit scheme.
A nucleus in a cell is activated if the local temperature is low enough according to Eq. (1) that takes into
account the equilibrium temperature and the super-cooling. In cells where a nucleus was activated, the
ice volume fraction is set to a small value ε and crystal growth can begin.
For example, if the problem of crystallization is considered in 1D and we suppose a cell (1) containing
only ice, an adjacent cell (2) containing ice and liquid solution (water and solute) and a last cell (3) filled
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only with liquid. During the time step (∆t), there is no modification for cell (1), it is still full of ice. For cell
(2), the volume fraction of ice increases by ∆, which is calculated by Eq. (9):
∆
Eq. (9)
∆, =
∆So, the new volume fraction of water in cell (2) is decreased by ∆I. In this cell, if the ice volume fraction
increase ∆, is higher than the remaining water volume fraction (∆I>W), ice overflows in the next cell
(cell (3)) and cell (2) is full of ice. In cell (3), the new volume fractions are also updated. Ice growth only
occurs in cells containing solid/liquid interface.
2.4.2

Solute diffusion

The solute diffusion is solved with an ADI scheme (Alternative Direction Implicit) to improve the
numerical stability.
The solute diffusion in the liquid phase is taken into account by Fick’s law as shown by Eq. (3). One of
the key parameter of this model is the diffusivity of the solute in water. This diffusivity strongly depends
on the viscosity and the temperature of the solution. A reference value for the diffusivity of sucrose in
water (D0) was taken as 0.52×10-9 m² s-1 (dilute solution at T0=25°C) (Bimbenet et al. 2002). Then, from
this reference, Stokes-Einstein law was used to link the diffusivity to the temperature and to the dynamic
viscosity of the solution (Eq. (10)):
=

0( + 273.15)
⇒
6789

=

:

+ 273.15 9:
: + 273.15 9

Eq. (10)

µ0 is the dynamic viscosity of pure water at 25°C and µ is the viscosity of the sucrose solution estimated
as a function of the temperature and the solute fraction in the solution with Génotelle equation (1978)
(Bubník et al. 1996) (Eq. (11)):
D.EF
9 = 10;< 10==.>?@;:.AA>BC A.AB><.A@
Eq. (11)
A::HI
<:;M
with G =
and M =
AJ::;AK::HI

2.4.3

JABM

Heat conduction

The conduction is also solved with an ADI scheme including the heat released by water crystallization
in cells containing phase interfaces: Lf ∆I.
The model was implemented with MatLab® for a cell size of 2.5 µm. The time step was chosen so that
the maximal value of ice fraction increase ∆I remains lower than 5%. This way, it was possible to
calculate at each time step and for each cell of the mesh, the corresponding temperature and the volume
fractions of water, ice and sucrose.

3. RESULTS AND DISCUSSIONS
A sucrose solution of 20% w/w with an initial temperature of 0°C was considered. Simulation were run
for a mechanical freezing condition (Text=-30°C, h=55 W m-2 K-1) and a cryogenic freezing condition
(Text=-100°C, h=67 W m-2 K-1) until the product core temperature reaches -18°C.

3.1.

Freezing monitoring at microscopic scale

Data estimated by the model were used to monitor the various variables during the freezing process.
Results of temperature, ice volume fraction and solute volume fraction in the solution were visualized
near the product surface (from 0 to 400 µm depth) for three different times: at the beginning of freezing
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(t=50 s), at about mid-time (t=800 s) and at the end (t=1320 s) for Text=-30°C (Fig. 1).
After 50 s of freezing (Fig. 1), the surface temperature is close to -5°C. The super-coiling is low enough
to activate some nucleation sites where crystal growth starts. The solute fraction is zero inside the
Temperature (T °C)

Ice volume fraction (I)

Solute volume fraction (Cs)

t=50 s

t=800 s

t=1320 s

Figure 1: Temperature, volume fraction of ice and solute volume fraction in the solution near the
product surface during freezing (t=50 s, t=800 s and t=1320 s). Black lines on temperature
diagrams represent temperature isotherms. Red points on diagrams of ice volume fraction are
the positions of nucleation sites

crystals and solute is repealed from the crystal surface, increasing the solute fraction in the solution in
their vicinity.
During freezing, the heat is conducted throughout the product from its core to its surface where it is
released. Thermal conductivity is about 4 times higher for ice than for the unfrozen solution. So, the
temperature gradients are lower in the ice crystals than in the unfrozen solution. This phenomenon is
revealed by temperature isotherms on Fig. 1.
Considering the ice volume fraction, during freezing, the cooling allows activating deeper and more
numerous nucleation sites leading to crystal growth.
Finally, crystals keep growing until the end of freezing, repealing the solute which volume fraction
increases in the remaining unfrozen solution.
Temperature versus time is plotted on Fig. 2 for the product surface, its core and for 3 points A, B and
C. For all the points, three main freezing periods are observed: pre-cooling, freezing step and subcooling. Moreover, the phenomenon of super-cooling is noticeable between the pre-cooling and the
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freezing step. This super-cooling is needed for nucleation, once nucleation sites are activated the nuclei
grow rapidly and a large amount of latent heat of solidification is released. This is why temperatures
suddenly increase after super-cooling. This super-cooling is lower for the mechanical condition (surface
reaches -5°C before freezing) than for the cryogenic one (surface reaches -10°C before freezing) which
means that less nuclei would grow as crystals. Furthermore, for both conditions, the super-cooling is
high at the product surface and becomes lower when going deeper in the product.
Text =-100°C

T (°C)

Text = -30°C

C
B
A

Figure 2: Temperature at the surface, core and at position A, B and C of the product according to the
freezing time. The diagram on the right shows the location of A, B and C

3.2.

Final results on ice crystals

Fig. 3 presents the ice crystals from the product surface to a 2500-µm-depth for both freezing
temperatures at the end of freezing (when core temperature reaches -18°C). From these results, a graph
showing each crystal equivalent diameter according to its depth in the product is deducted (the
equivalent diameter is the diameter of a circle having the same surface as the crystal).
Crystals are smaller for Text=-100°C (about 18 µm) than for Text=-30°C (50-100 µm). Moreover, crystals
are smaller near the surface and larger at the product core: averagely the crystal size increases from
50 to 100 µm for Text= -30°C. Indeed, as shown on Fig. 2, going closer to the product core decreases
the freezing rate and nucleation. However, for the fast freezing (-100°C), this effect is less visible: crystal
size increases from 15 to 18 µm. When the freezing rate is high (Fig. 2), nucleation is almost
simultaneous in the whole product and many small ice crystals are formed throughout the product.
Finally, equivalent diameters were estimated from final results for each crystal in the whole sample. Fig.
4 presents the corresponding cumulative crystal size distributions. Results given by the developed
model evolves in the same way as what can be found with experiments. Indeed, crystals are about twice
smaller for the freezing at -100°C (median=36.7 µm) than for the freezing at -30°C (median=70.8 µm).
Moreover, the distribution is narrower for -100°C (range: 16 to 90 µm) than for -30°C (range 16 µm to
190 µm) as can also be seen on Fig. 3. These results point out the positive effect of the freezing rate on
ice crystal characteristics.

4. CONCLUSIONS
The model developed at ice crystal scale is able to predict ice crystal growth throughout the product
considering ice crystallization, solute diffusion and heat transfer at microscopic scale. Moreover, various
freezing conditions can be compared with this model. First, a qualitative comparison can be easily done
by visualization of all the crystals at different times and different positions. Secondly, quantitative results
about the crystal size distributions can be obtained. Results highlight the effect of the freezing rate on
crystal size distributions and numbers (much smaller and numerous crystals for cryogenic conditions)
and also of the position in the product (smaller crystals near the product surface).
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Text = -30°C

Depth
(µm)
2500 µm

(a)

(b)

Text = -100°C
Deq (µm)

(a)

(b)

Deq (µm)

0
Figure 3 : Ice crystals at the end of freezing from the product surface to a 2500-µm-depth for a
freezing at -30°C and at -100°C. Ice crystal visualizations (a) and ice crystal equivalent diameter
according to the product depth (b)

Figure 4: Predicted distributions of equivalent diameter of ice crystals for a
freezing at -30°C (h=55 W m-2 K-1) and -100°C (h=67 W m-2 K-1)
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ABSTRACT
Forced-air cooling of food products in pallets is a common refrigeration process. It is applied
to quickly lower the temperature of dairy product from their fermentation temperature to their
storage temperature. It leads to high energy consumption due to pressure drop and to
heterogeneity of temperature due to the complex airflow pattern. To reduce this heterogeneity
we designed a new apparatus where air is blown through the pallet alternatively by two sides.
To improve energy efficiency, air velocity is adapted to pressure drop with EC fans.
Experiments were conducted to evaluate the cooling rate, the heterogeneity and the energy
consumption for various process parameters (fan velocity, alternation time). With the
experimental design methodology, we show that short alternation time should be favored for
optimal results with a drastic reduction of the heterogeneity index. Then, we propose a model
and a strategy to control the cooling rate according to production constraints and energy
aspects.
Keywords: Refrigeration, Food, Pallet, Cooling, Transient heat transfer, Energy Efficiency.

1. INTRODUCTION
Forced air convection is widely used to cool fresh products and some thermally treated
products. Temperature control of these products stored on pallets and cooled through
ventilated packaging is essential to preserve quality. Alvarez and Flick (1999a, 1999b) were
among the first who pointed out preferential airflow pathways through bins. They also explained
heterogeneity of cooling by the increase in air temperature when passing around products, but
also by the variation of heat transfer coefficient with position. Since this pioneering work, there
were numerous studies concerning cooling heterogeneity especially in the case of fruits. As
the temperature-time history of fruits can be directly related to produce quality loss, nonuniform cooling induces heterogeneities in quality evolution of individual fruit. Recent works
aim to quantify heterogeneities like experiments performed by Wu et al. (2018) on citrus.
Numerical modelling is more and more performed to study the complex phenomena in these
systems. The review done by Zhao et al. (2016) confirmed that CFD is an efficient tool for
simulating different cooling processes in the fresh-produce industry. Wu and Defraye (2018)
performed simulation that combined temperature-time history with quality evolution for each
individual fruit. To provide retailers and customers with a uniform product quality, reducing
cooling heterogeneity is imperative. An important factor affecting cooling heterogeneity is the
ventilated package design and their stacking pattern on the pallet. If most of studies concern
the postharvest supply chains, similar problems also arise for other products. With a modelling
approach Mercier et al. (2017b) mapped the temperature inside a pallet of fish fillets from a
limited amount of temperature measurements inside the pallet.
In their review, Mercier at al. (2017b) pointed out that precooling is critical for removing heat
from perishable food after harvesting or production. They identified 3 specific subjects as being
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critical to investigate in future research on the cold chain: efficient precooling, accurate
forecasts of the impacts of management systems based on time–temperature measurement,
the cold chain in developing countries.
For dairy products like yoghurts and cheese, these conclusions are very relevant. In Middle
East countries, refrigeration is generally carried out in conventional cooling chambers. This
treatment is then rather long, leads also to thermal heterogeneity inside the pallet and to
inhomogeneous qualities of products. To improve product qualities and to reduce cooling time,
specific equipments are required. In their conclusion, Alvarez and Flick (199b), indicated that
alternating the airflow direction though the product would homogenise not only the air
temperature but also the local intensity of heat transfer. It is on this principle that was designed
the bi-way cell. In this work, we analysed the time-history temperature of yoghurt during cooling
in this system and characterised heterogeneity and energy consumption according to process
parameters.

2. EXPERIMENTAL DESIGN
2.1. The ‘Bi-Way’ Cell
As the refrigeration of yoghurts is generally carried out in conventional cooling chambers, the
treatment is long and heterogeneous. To overcome these phenomena, a specific device ‘the
bi-way cell’ was designed to allow the ventilation of the products with alternating airflows so
that they can benefit from similar exposure period on both sides. At the rear of the cell, a blower
(EC fan) is positioned to suck the air from the cooling chamber. When a pallet is introduced in
the cell, cold air enters in this latter by one side and flows across the pallet during a chosen
time. A system of flaps permits to modify the direction of the flow and to alternate airflows until
the desired treatment is reached. Experiments were performed on this device equipped with
airbags to adapt to the size of the pallet and to limit air leakages. Fig. 1 presents a sketch of
the cell and depicts the possible arrangements of airflows. In all experiments, the initial
arrangement is with air coming from the left (b). The alternation time is defined as the duration
of a cycle.

(a)

(b)
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Figure 1: Biway cell (a), top view with two airflow conditions: from the left (b), from the right (c)
2.2. Experimental Procedure
As the objective of this study is to evaluate the real benefit of alternating airflows by considering
a multi-criteria approach, experiments were conducted on a pallet of yoghurts in ventilated
package (Fig. 2). Each package contains 16 yoghurts on two stages. Thermocouples are
inserted in the geometrical centre of 34 yoghurts located in the second layer of packages when
starting from the top. Their locations are chosen to get information on the heterogeneities on
transverse and longitudinal directions. Some thermocouples are also located at other layers
and in the air. Air temperatures on both sides of the cell are also recorded. Energy
measurements are performed using an energy counter connected to the electrical input of the
blower. All data are recorded on a data logger (SA70, AOIP).

(a)

(b)

Figure 2: Pallet of yoghurts (a) and scheme of yoghurts with thermocouples (b, top view)

All experiments are performed on yoghurts that were stored over night at 50°C with
thermocouples previously installed. They are palletized and introduced in the cell located in a
cold chamber where temperature is controlled at 8°C. Experiments are running until the
temperature of all yoghurts is less than 12.5°C.
For the experimental design, two parameters are considered: the flow rate and the duration of
each alternating cycle. The maximum flow rate is fixed at 13000 m3/h. The maximum duration
of a cycle is 30 minutes. From these considerations, a central composite design is performed
with parameters given on table 1, leading to 10 experiments.
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Table 1. Central composite design

-

-α

-1

0

1

α

Flow rate (%)

15

31

57

83

100

Alternation time
(min)

0

6,07

15

23.93

30

The response variables are the half cooling time (HCT), the energy consumption and the
heterogeneity of cooling by looking at the maximum variance of products temperature and the
maximum value of reheating.
As it is quite difficult to have always similar initial constant temperature of products and to keep
always the same ambient temperature in the cooling chamber, we treat the data to get
dimensionless temperature. Like recommended by Olatunji et al. (2015) on kiwis, we used the
Fractional Unaccomplished Temperature Change, or FUTC defined by Eq. (1). T(t,n)
corresponds to the temperature of the nth yoghurt at the time t, Ta is the mean air temperature
and Tmax is the maximum temperature reached by the nth yoghurt. Defraye et al. (2017) also
employed this concept on apples. In our cell, the maximum temperature is not always the initial
one due to the alternation of the flow. In fact we may observe some reheating at some location
due to the alternating air flow system. In order to compare different experiments, a
dimensionless time is also considered using the Average Fractional Unaccomplished
Temperature Change described by Eq. (2). It describes the proportion of cooling yet to be
achieved. m represents the total number of yoghurts. As indicated by Olatunji et al. (2015), the
difference between these two concepts permits to determine the temperature variability (Eq.3).
The heterogeneity index over time can be plot to offer a visual tool to compare the
heterogeneity of two systems across the entire cooling process.
+(,,-).+

/
𝐹𝑈𝑇𝐶(𝑡, 𝑛) = +012(-).+

/

𝐴𝐹𝑈𝑇𝐶(𝑡) =

∑8
9:; 56+7(,,-)
0

𝐻𝐼(𝑡) = 𝐹𝑈𝑇𝐶(𝑡, 𝑛) − 𝐴𝐹𝑈𝑇𝐶(𝑡)

Eq. (1)

Eq. (2)

Eq. (3)

In our experiments, it is not possible to reach AFUT=0. This condition would require an infinite
experimental cooling time. We decide to set a final value AFUT=0.3. It means that we consider
a cooling time on 70% of the total temperature range, ie a final mean value of 12.6°C. The half
cooling time is considered as an important response as it is generally the constraint fixed in
the dairy industry. A powermeter installed on the blower registers the electric power on a period
of 5 s. Values are then integrated to get the energy required to cool the pallet. Variance analysis
(Anova) is performed using Stagraphics.

3. EXPERIMENTAL RESULTS
Typical temperature evolutions of yoghurts according to the process parameters are depicted
on Fig. 3 for two experiments. Fig. 3a concerns the cooling with the maximum flow rate and an
alternation period of 15 min whereas Fig. 3b concerns a lower flow rate (30%) and a higher
alternation period (24 min). Time temperature history is given for thermocouples T1, T13 and
T23 according to location in Fig. 2b. One can notice firstly the strong influence of the flow rate.
As expected, reducing the ventilation considerably increases the cooling time. Secondly, the
effect of reversing the flow has a great impact on temperature, especially for the yoghurt face
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to the airflow entering in the pallet (T1). When the flow is reversed, this yoghurt is then colder
than air coming from the other side because it was reheated by other yoghurts. Yoghurt in the
centre of the pallet is less influenced by the alternation. From all measurements in the pallet,
we calculate the AFUT and the Heterogeneity Index for each experiment. Fig. 4 presents the
heterogeneity plot for same experiments as Fig. 3. These plots are qualitative tool for visually
comparing the heterogeneity for different conditions. From these measurements, we calculate
the maximum variance on temperature.

T (°C)
50

T1

45

T13

40

T23

35
30
25

20
15
10
5

0
0

(a)

25

50

75

100 125 150 175 200 225 250
t (min)

(b)

Figure 3: Time temperature history in 3 yoghurts for 2 conditions of flow rate and alternating
time: 100%, 15 min. (a) and 30%, 24 min. (b)

(a)

(b)

Figure 4: Heterogeneity plot for 2 conditions of flow rate at and alternating time: 100%, 15 min.
(a) and 30%, 24 min. (b)

Table 3 provides the different responses according to the two process parameters. Using
Statgraphics a variance analysis (ANOVA) is performed as it is useful for response surface
methodology. We present in this paper some selected results to emphasize on specific
aspects.
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Factor:

Factor:

Table 3. Results of the experimental design

Response:

Response:

Response:

Response:

Flow rate Alternating Half cooling Energy
Heterogeneity Maximum
(%)
time (min) time (min)
consumption (maximum
reheating
(Wh)
variance)
(°C)
29%

6

76.6

403.2

0.0038

3.4

86%

6

33.1

3498.3

0.0060

4.8

29%

24

76.5

496.2

0.0080

14.4

86%

24

29.1

4265.2

0.0118

7.7

14%

15

249.0

249.0

0.0100

10.1

100%

15

39.1

6982.5

0.0092

13.0

57%

3

53.5

1728.0

0.0048

6.2

57%

30

63.9

2183.2

0.0123

7.7

Concerning the half-cooling time and the energy, Fig. 5 clearly indicates that the flow rate has
the main effect on these responses. Decreasing the flow rate induces very high cooling time
and lower energy consumption. We can also remark that the alternation has a small effect.
Concerning the heterogeneity, we can conclude from figure 6 that reducing the alternating time
is very effective to reduce heterogeneity. Additional experiments, not discussed in this paper,
confirmed that without any alternation heterogeneity is always greater.
We can also notice the slight effect of the flow rate. Working with a medium air velocity may
reduce heterogenity. Another response about the reheating of yoghurts due to alternation was
analysed but is not discussed as variance analysis was not satisfactory. It could just be
mentioned that influence of flow rate is low when alternating time is short. Short alternation
time permits to minimize reheating of products.

(a)

(b)

Figure 5: Influence of flow rate and alternating time on Half Cooling Time (a) and Energy (b)
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Figure 6: Influence of flow rate and alternating time on Heterogeneity Index

From the variance analysis, we plot the cartography of responses (Fig. 7). It is another way to
visualize the effects of factors. According to the flow rate and alternation time, we see for
example that energy (black lines) increases with flow rate, HCT decreases with increasing flow
rate and heterogeneity (red lines) increases with increasing alternating time. It is then possible
to determine optimum values of parameters according to the objectives. If the main objective
is to respect a desired cooling time, the flow rate should be higher than 80% but if energy
consumption is taken into account, it is not recommended to use the maximum flow rate. To
minimize heterogeneity, an alternation time of 6 minutes seems appropriate. Results indicate
that with these parameters, energy consumption is reduced from 6980 Wh to 3040 Wh (more
than 50% reduction). It corresponds to a reduction from 58 kJ/kg to 25 kJ/kg of product with a
better temperature homogeneity but with an increase of the half cooling time from 39 to 46
minutes.

Figure 7: Response cartography (The circle corresponds to an optimal zone)

4. CONCLUSIONS
Several extensive cooling experiments were performed on yoghurts in the bi-way cell. This
work permits to quantify the influence of the alternation on the airflow on the thermal
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homogeneity of yoghurts. Using the concept of Fractional Unaccomplished Temperature
Change (FUTC), the Heterogeneity Index that was calculated clearly demonstrates that
heterogeneity can be halved with alternation cycle of 6 minutes. Moreover, the impact on
energy consumption and half cooling time is negligible.
Results obtained from the experimental design also permits to propose optimal strategies
according to multi-objective criteria. We quantify a 50% of energy reduction when reducing the
flow rate from 100% to 80% of the nominal value. The impact on the half cooling time was also
quantified. These results were obtained in a specific configuration of yoghurts for a given
package. For other cases, optimum would be different. This work demonstrates that the bi-way
cell is a flexible equipment that offer several cooling strategies. It allows adapting to industrial
constraints of production with control of the qualitative and energetic criteria.

NOMENCLATURE
T

temperature (K)

Ta

air temperature (K)

Tmax maximum temperature (K)
t

Fractional Unaccomplished
Temperature Changed
Average Fractional Unaccomplished
AFUTC
Temperature Change
FUTC

m

number of yoghurts

time (s)
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ABSTRACT
An overview of studies for technological developments in the first stages of the value chain of
groundfish in Iceland is introduced. It presents the results of recent research performed on board
fresh fish trawlers and is aimed to evaluate the process performance in terms of product quality and
shelf-life for fresh cod and saithe. This includes studies on time and temperature control, different
bleeding conditions, superchilling methods and storage. The main objectives of the research are to
provide design parameters to the processing deck redesign and to evaluate the impact of new onboard processes from catch to post-processing storage. The results of the studies indicate that
storage methods have a greater impact on fish quality than the specific method of cooling. Also, the
results indicate which parameters should be adjusted during the bleeding process to achieve the
most effective drainage of blood from the fish.
Keywords: Superchilling, Bleeding, Fresh-fish, Colour, Shelf-Life.

1. INTRODUCTION
This study is related to developments in the Icelandic fishing industry where a large proportion of the
fish processing companies have switched from frozen to fresh products and many main companies
have or are starting to build new vessels. The aim of this research is to provide some design
parameters and prerequisites to the redesign process of fresh fish trawlers processing. The goal of
the development is to produce uniform and high-quality raw material for fish processing but also to
provide better working conditions and more economic fishing and processing. High quality fresh
products, like loins and fillets from cod (Gadus morhua) and saithe (Pollachius virens), require the
raw material to be chilled, well drained of blood and uniform in colour. Low temperature slows
microbial growth in the fish muscle and effective removal of blood also contributes to extended
product shelf life (Huss, 1995; Olafsdottir et al., 2006). The research focus in this study is on onboard processing, a part of the fresh fish value chain where technical developments in the last
decades has been less than in land-based processing. Land-based processing has seen a dramatic
increase in automation and quality control and the aim is to implement that methodology in the onboard processing. A part of this development is also to improve data gathering in this sector, where
data flow from fishing and on-board processing further along the value chain is often insufficient.
This study is important to evaluate the impact of new industrial technology in the groundfish value
chain. The innovation of processing on board is aimed to improve automation, sustainability and
process control and the benefits of the new solutions need to be analysed for verification and for
further technological development. Also, the results can set a benchmark for fresh fish producers in
Iceland regarding shelf-life and quality indicators of fresh fish products. Prior to being taken aboard
a trawler the fish has been battling against the trawl net, up the ramp and into the reception hold.
Olsen et al. (2013) showed the negative effects of large haul sizes and long haul duration on the fish
quality. They also had better results in terms of exsanguination with two-step bleeding/gutting (throat
cut, bleeding for 30 minutes, gutting and washing) compared the commercial method of direct gutting
(one-step procedure as described by Botta et al., 1986). Exsanguination of fish can be influenced by
many factors. Insufficient bleeding can affect the shelf life of products through product taste, odour,
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visual appearance and residual blood can also promote lipid hydration, provide good nourishment
for bacteria and cause increased enzymatic activity (Richard and Hutlin, 2002). In a study by Digre
et al. (2011a), the drainage of blood from a stressed cod was indicated to be worse than for
unstressed cod. Botta et al. (1986) demonstrated in his research that the bleeding of the fish is an
important factor for improving the colour of the flesh. Studies by Botta et al. (1986) and Olsen et al.
(2014) implied that the most important factor is to process the fish as soon as possible at the bleeding
stage. Olsen et al. (2014) indicated that bleeding and exsanguination should take place within 30
minutes after the catch has been hauled on board. Karlsdottir et al. (2014) researched the effect of
different bleeding methods and temperature of the bleeding medium on the quality and storage life
of cod and saithe products. Their main results indicated that washing the cod in slurry ice rather than
unchilled seawater resulted in better product quality. However saithe showed the opposite reaction
to chilled seawater compared to the cod, as saithe showed better end-quality bled in non-chilled
seawater. There are debates as to the best methods of cutting or bleeding fish. The main three
methods are a gill cut, cutting of the throat and direct gutting. The most important aspect of the
procedure of bleeding, was noted in the studies of Botta et al. (1986) and Olsen (2014). They
indicated that the time-factor was more important than the method itself. In the study by Olsen (2014),
it was noted that the fish needed to start bleeding within 30 minutes after arrival to the processing
deck, to produce the best exsanguination of the blood from the muscles. Another study by Roth
(2009) observed that the washing of the fish for minimum of 12 minutes in a constant supply of clean
seawater streaming into a washing bin/tub, could result in improving the exsanguination of the blood
from the muscles. Superchilling is a method involving partial freezing of water in food (e.g. cod
muscle), in which commonly the food is cooled 1-2 °C below the initial freezing point (Tf) resulting in
5-30% of water inside the product forming ice crystals (Aune, 2003; Kaale et al., 2011). For whitefish
the initial freezing point is close to -1 °C (Margeirsson et al. (2012) modelled it -0.92 °C for cod) and
ice crystal formation increases rapidly at lower temperatures. This study refers to this as
“superchilling”, however the method of superchilling food is also known as partial freezing (Duun and
Rustad, 2007), deep chilling (Wu et al., 2014) or a more recent industry term “sub-chilling” (Skaginn
3X, 2018). According to Magnussen et al. (2008), the method can extend shelf life of fresh cod by 23 days, compared to traditionally iced cod with shelf-life of 9-13 days (Lauzon et al., 2010). This is
in accordance with Digre et al. (2011b) whose results showed lower microbiologial activity and better
quality for superchilled cod at day 14 compared to cod stored in ice. According to Olafsdottir et al.
(2006) it was concluded that controlling and keeping the correct temperature during storage is an
important factor in preserving the quality of the fish, since a high product temperature can influence
the growth of bacteria. Studies by Lauzon et al. (2010) and Olafsdottir et al. (2006) indicated that
lowering the temperature from 0-0.5 °C to -1.5 °C prolonged shelf-life of fresh fish. As the
temperature is one of the key factors in the onset of rigor mortis stage by cooling down the fish to
around 0 °C, the onset of rigor mortis can be delayed and thus the subtractions of the muscles will
be less powerful and extreme when the fish goes through rigor mortis at higher temperatures,
resulting in gaping in the flesh (Huss, 1995). A study by Eliasson et al. (2019) showed that while
shelf-life effects of on-board superchilling of whole gutted fish are minimal compared to ice cooling
it can reduce the growth of spoilage bacteria. The bleeding and cooling processes in the new ships
are time and temperature controlled, first in-first out systems. There has been developed equipment
for automatic transport of the fish tubs down to the cargo hold, which helps to standardize the quality
of the catch. Also, there is no ice in the tubs that presses into the fish, which is stored at around -1
°C. Next expected steps are developments of bleeding robots to speed up the on-board processing
time, as described by Toldnes et al. (2014).

2. METHODS
The experiments were performed on-board four fresh fish trawlers fishing saithe and cod around
Iceland during the period 2014-2017. Fig.1 shows a flow chart of the on-board processing research
topics; I) Bleeding, II) Chilling and III) Storage/shelf-life. The bleeding process includes methods of
cut and gutting with regard to possible automation, temperature of the bleeding medium and
waterflow conditions for effective bleeding. The newer trawlers studied are equipped with different
methods of superchilling aimed to bring the core temperature of the fish down to -1 °C before onboard storage. Some of the systems are using chilled seawater (around -1.5 °C) and other use brine
with temperature down to -4 °C. The chilling process involves whole gutted fish and the effects of
the chilling method and on-board storage on shelf-life and quality were evaluated. For experimental
design, comparison samples were always taken from the same haul in order to limit variation. Haul
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sizes of samples ranged from 3 to 6 tonnes with hauling times 80 to 160 minutes. The samples were
generally taken at the start of processing so they represent the best possible quality from the haul.
During experiment for waiting time in the reception hold, samples were gutted after different waiting
time (0, 60 and 120 minutes for saithe and 0, 30, 60 and 90 minutes for cod) and put in the same
bleeding and chilling process before being iced in tubs. Samples bled at different temperatures were
bled for 20 minutes in medium at different temperatures and then put through the same superchilling
process before being packed without ice in a superchilled storage at -1 °C. Saithe samples with
different bleeding times were bled for 5, 12, 18 and 30 minutes before being packed with ice in tubs.
When evaluating different gutting methods samples were bled and chilled in a controlled system, a
first-in first-out screw conveyor (SUB-CHILLINGTM – Onboard, 2018). They were either directly
gutted from the reception hold and into bleeding tanks or a two-step bleeding/gutting process as
described by Botta et al. (1986), where the fish is bled by cutting the ventral aorta, bled for 15 minutes
in seawater and then gutted, washed and chilled. Another sample from this group was directly gutted
into an older uncontrolled trawler system for comparison (the uncontrolled system was made of three
separate tanks with elevator conveyor belts transporting the catch through).

Figure 1: Overview of research topics relating to on-board trawler processing

Temperature monitoring was done with loggers placed both inside the flesh (centre of the loin for
core temperature of the whole gutted fish) and one outside the fish to monitor the ambient
temperature throughout bleeding, cooling and storage. Temperature logging and shelf-life evaluation
were performed as described in Eliasson et al. (2019). Temperature loggers used were iButton
(Micro-T DS1922L) from Maxim Integrated Products distributed by NexSens Technology (Dayton,
OH, USA). Sensory evaluation and fillet quality was evaluated by standards as described by
Martinsdottir et al. (2001). Fillets colour was evaluated by trained experts, Fig.2 shows the scale for
fillet colour evaluation, developed by Icelandic Ltd (2012) for cod and also adjusted for saithe in this
study. One Way ANOVA was used for statistical analysis of fillet colour measurements (with XLSTAT
version 2018.5), the significance level was set at 5% (p<0.05).

Figure 2: Fillets colour chart scale for cod, from Icelandic Ltd (2012)

3. RESULTS AND DISCUSSION
Fig.3 shows results of experiments where different waiting time in the trawler reception hold is
evaluated from fillet colour after processing. The results in Fig.3a) for saithe show a significant
reduction in fillet colour comparing saithe bled straight from the reception hold after catch to saithe
that was bled 60 minutes and 120 minutes later. Results for different waiting time for cod show a
significant difference for cod bled straight after catch and again after 30 and 60 minutes, Fig.3b).
There was no significant difference found in fillet colour between cod that waited for 60 and 90
minutes. The results indicate that the fish must be bled within 30 minutes from catch to maintain a
light fillet colour. This is in accordance with results by Botta et al. (1986) and Olsen et al. (2014)
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which both concluded that the time from catch to bleeding was a deciding factor influencing
exsanguination of cod. The fisheries companies involved in this study have now set a reference limit
on the acceptable size of hauls, to minimize the load to the catch but mainly to reduce the waiting
time in the reception hold, underlining the importance of fillet quality.
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Figure 3: Colour of a) saithe and b) cod fillets for different waiting times in a trawler reception hold
(n=30 fillets). Significant difference between groups is represented by different letters a, b, c (p<0.05).
Error bars show standard deviation from mean values (𝝁 ± 𝝈)

Fig.4 shows cod fillets bled for 20 minutes at three different temperatures; -1 °C, 2 °C and 6 °C.
Fillets bled in unchilled seawater (6 °C) showed the best results in terms of uniform colour. When
bled at lower temperatures blood was more apparent in the fillets, especially in the belly flap area.
Karlsdottir et al. (2014) showed the same results for saithe, however for cod they had better
exsanguination at lower temperatures.

Figure 4: Cod fillets bled in seawater for 20 minutes at three different temperatures; -1 °C, 2 °C and 6
°C. Photo taken after filleting, four days after catching

Fig.5 shows fillets colour for saithe after 5, 12, 18 and 30 minutes bleeding process before tub
packing. Comparing the fillets colour after filleting (4 days after catch) did not show significant
difference but after further storage of fillets (9 days from catch) there were significant difference
(p<0.05). Groups bled 5 and 12 minutes showed darker colour compared to lighter colour for groups
bled 18 and 30 minutes. The results after 9 days from catch indicate that the bleeding time for saithe
should exceed 12 minutes and that the effects of insufficient bleeding are not necessarily apparent
immediately after filleting. The fillet storage between day 4 and 9 was simulating sea transport of
fresh fish at -1 °C so day 9 from catch is approximately the timing of delivery to buyers in Europe.
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The5 results for 9-day fillets support that bleeding time should
exceed 12 minutes, for system design
5
however that is depended on the waterflow and circulation in the bleeding medium. Results of onboard bleeding systems have also shown that circulation or active movement of the fish in bleeding
medium is a more deciding factor than the rate of water replacement.
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Figure 6: Fillet colour of saithe for different
gutting methods and on-board processing
systems. Significant difference between
groups is represented by letters a, b, c
(p<0.05). Error bars show standard deviation
from mean values (𝝁 ± 𝝈)

Figure 5: Saithe fillet colour after 5, 12, 18 and 30
minutes bleeding in seawater. Blue columns
represent fillet colour after fillet processing (Day 4
from catch) and red columns fillet colour on day 9
from catch. Error bars show standard deviation
from mean values (𝝁 ± 𝝈)

Results of an experiment comparing direct gutting of saithe to bleeding (15 minutes) and gutting in
a two-step procedure are shown in Fig.6. The groups were time controlled first-in first-out systems
and were also compared to a group using an uncontrolled trawler system (as described in methods).
Similar to results by Olsen et al. (2014) the method of bleeding and gutting in a two-step procedure
resulted in slightly better colour, significantly apparent after simulated storage, 9 days from catch.
The difference of using a controlled first-in first-out system however was more decisive factor than
the method of gutting. Temperature profiles of the uncontrolled system are shown in Fig.7.
12
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Last fish - core temp.
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Figure 7: Temperature profiles for the first and last fish (3 kg) in an uncontrolled bleeding/cooling
system

The example shows profiles of measured fish, the first and last fish to be processed in a saithe haul.
The dotted lines represent the ambient temperature around the fish in the system and the solid line
the flesh temperature in the core of the fish. The first fish (blue line) is gutted after 5 minutes from
catch and only stays in the bleeding tank for 4 minutes, after which it tumbles in the cooling tanks for
over 60 minutes and therefore gets sufficient cooling time. The last fish (red line) to be gutted gets
15 minutes in the bleeding tank but only stays in the cooling tanks for a few minutes before being
transferred down to the storage hold. The initial temperature of the fish was 9 °C but the last fish is
at 10 °C into the system because of the waiting time in the reception hold. The temperature profiles
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show the inconsistency of an uncontrolled system with variable bleeding time and the final
temperature of the first fish at 2 °C while the last fish is packed at 7 °C in the storage hold. Fig.8
shows fish temperature profile in a first-in first-out superchill system compared to traditional flake ice
cooling as a reference. In the superchill system the core temperature of the fish can reach -1 °C
within 1 hour, after which it is packed in a tub and stored in the storage hold at -1 °C ambient
temperature without any ice. After landing the superchilled fish is kept in a storage at -1 °C before
fillet processing.
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Figure 8: Controlled super-chilling system compared to traditional flake ice cooling. 3 kg fish core
temperature from catch to fillet processing

Samples from the temperature profiles shown in Fig.8 were evaluated at different storage
temperature simulating the whole value chain in at study by Eliasson et al. (2019). The results for
different storage temperatures at +1 °C and -1 °C showed (Fig.9) that the main deciding factor in the
fresh fish chill chain is the temperature of the fillets after processing. However, the superchilling of
whole gutted fish on-board results in less bacterial growth and slows down some spoilage factors.
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Figure 9: Mean Torry freshness scores for cooked cod samples on days 4, 9, 11, 13 from catch.
Groups are labelled by different on-board chilling methods (SC-super-chilled, TC-traditional ice
cooling) and different fillet storage temperature (SC stored at -1 °C and TC stored at +1 °C). The
green line indicates loss of freshness (Torry score = 7) and the red line indicates end of shelf life
(Torry score = 5.5). Figure adapted from Eliasson et al. (2019)
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4. CONCLUSIONS
The results of the bleeding experiments indicate that the fish should be bled within 30 minutes after
catch to maintain quality in terms of fillet colour. The bleeding process should exceed 12 minutes
and be carried out in un-chilled seawater ensuring movement and refresh rate of the bleeding
medium. Evaluation of the older uncontrolled systems showed that they are unreliable both in terms
of bleeding and cooling. As for the method of bleeding and gutting saithe, the two-step process of
bleeding and gutting showed slightly better results in terms of fillet colour, compared to direct gutting.
The two-step method is suitable for automation of the bleeding process on-board trawlers to shorten
the waiting time in the reception hold, which was found to be the main deciding factor influencing
fillet colour. The on-board super-chilling of whole fish reduces some spoilage factors but did not
considerably extend shelf-life. However, the simulation of a super-chilled value chain to the market
indicates that the freshness period and shelf-life can be extended by up to four days, compared to
traditional ice cooling and +1 °C storage.
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ABSTRACT
In this paper, the V-type slit nozzle in an impact type quick freezer is selected as the research
object. The effects of five different nozzle structures on the heat transfer characteristics and nonuniformity of steel band surface in the direction of quick-freezing width in the quick-freezing
machine are compared. The results shows that: compared with other nozzle structures, V-type slit
nozzle can make the surface of steel band have larger heat transfer coefficient and surface
uniformity; the existence of V-type diversion groove and nozzle outlet have an important influence
on the heat transfer intensity of steel band surface. In summary, choosing the appropriate nozzle
structure will effectively improve the heat transfer characteristics of steel band surface.The
research provides the theoretical basis for the optimization design of the flow field of the impact
freezer.
Keywords: Quick Freezer, V-Type Slit Nozzle, Heat Transfer Intensity, Nussle Number.

1. INTRODUCTION
In the field of heat and mass transfer, the impact cooling has higher local heat transfer
coefficient.The average heat transfer coefficient of heat transfer surface can be obtained by
changing the impinging conditions and structural parameters. In recent years, a large number of
studies have been conducted on the heat transfer characteristics between the impinging jet and
the object (JiaHong, 2002). It has been found that impinging jet has high heat and mass transfer
rates and can be used in the fields of electronic equipment cooling and food quick-freezing. The
impinging quick-freezer equipment has gradually been taken seriously.
This kind of equipment usually combines multiple nozzles in a certain arrangement, so as to
achieve uniform heat transfer coefficient on the impinging surface in a wide range (Makatar and
Perapong, 2014).However, in the actual working process, there is a great difference in the heat
transfer intensity of the target plate surface, which is mainly affected by the arrangement of nozzles
and the structural parameters of nozzle inlet and outlet. According to the characteristics of internal
flow field of impact quick-freezing equipment, Zhang et al (2008) use computational fluid
technology to simulate the influence of orifice opening rate on the heat transfer characteristics of
internal flow field. The results show that with the increase of orifice opening rate from 2% to 15%,
the wind speed in the static pressure box decreases continuously. In the area between orifice plate
and baffle, the pressure distribution is gradually uniform, and the stress concentration is also
reduced. Among them, the optimum perforation rate of orifice plate is 5%.Hukam Chand Meena et
al (2016) utilize the infrared thermal imaging technique to estimate the local heat transfer
characteristics among various nozzle shapes (circular, square, triangular, elliptical,
etc.).The
results show that, due to the change of angle and velocity attenuation characteristics of different

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3256

nozzle shapes, the heat transfer of circular nozzle is the largest, while elliptical nozzle, square
nozzle and triangle nozzle is smaller. Bai et al. (2011) use the standard model of k   to
simulate the pressure and velocity fields near the wall of V-type slit nozzle. The results show that
the velocity distribution near the wall is affected by the height of the nozzle and the width of the slit
nozzle. Wang et al. (2018) take the V-type slit nozzle of the impinging quick-freezer as the
research object, and study the influence of changing the ratio of distance between the steel strip
and the nozzle outlet and the width of the slot to the surface heat transfer characteristics of the
frozen area under different cutting ratios. The results show that under different cutting ratio, the
surface heat transfer intensity of the steel strip of the quick-freezer machine is obviously different.
Ran et al. (2018) use the turbulence model to simulate the 3D numerical simulation of the nozzle
outlet with and without straight section, and study the effect of two nozzles with or without straight
section on the heat transfer, pressure characteristics and velocity distribution of the jet flow. The
results show that the velocity of the nozzle outlet is uniformly distributed in the straight section, and
the velocity near the jet center is higher than that of the nozzle without straight section, so the heat
transfer effect is better. The pressure near the outlet of the nozzle with straight section is lower
than that of the nozzle without straight section. The latter has obvious pressure drop, which
increases the energy loss. Under the same initial and boundary conditions, Liu et al. (2007) use
FLUENT software to simulate and analyze the length-diameter ratio and outlet diameter of conical
nozzle with cylindrical outlet. It is found that the velocity in the core section of the jet increases with
the decrease of the outlet diameter of the nozzle. When the length-diameter ratio of the cylindrical
section at the nozzle outlet is about 3 and the contraction angle of the conical section is about 13
degrees, the velocity in the core section of the jet is the largest. Yu et al. (2009) discuss the
influence of four main structural parameters (contraction angle, transition shape of inlet and outlet,
length and outlet diameter) on the outlet velocity and dynamic pressure of the nozzle. The results
show that the contraction angle of the nozzle has the greatest influence on the flow field of the
nozzle among the four parameters, and the flow field characteristics of the nozzle with contraction
section and horizontal transition section at the outlet are better and the axial velocity is greater. Lee
et al. (2004) set a uniform heat flux boundary by using gold film Interrex and investigate the effect
of nozzle diameter on heat transfer and fluid flow for a round turbulent jet impinging on a flat plate
surface. The results show that the local Nussle numbers increase with the increasing nozzle
diameter in the stagnation point region corresponding to 0  r / d  0.5 . Katti et al. (2013) study
the heat transfer characteristics of jet arrays impinging on the surface of an object when the
nozzles are linearly arranged. The results show that when the distance between nozzles is S=4D
(in which D is the diameter of nozzle),the heat conduction rate in the extended direction of jet flow
is higher than that in the distance between nozzles S=2D and S=6D.In summary, the structural
parameters of nozzle inlet and outlet will affect the heat transfer intensity of the target surface, but
most of the literature focus on the study of Nussle number on the target surface, ignoring the heat
transfer uniformity of the target surface. In the freezer, heat transfer uniformity is one of the
important factors affecting the quality of frozen food (Li et al., 2018 and Li et al., 2018), so it cannot
be ignored in the study of heat transfer characteristics in the freezer(Ianiro et al., 2012 and Yu et
al., 2017).
In this paper, the V-type slit nozzle of impinging quick-freezer machine is taken as an object to
solve the problem of uniformity of heat transfer coefficient on the surface of steel strip along the
width direction of quick-freezing machine. By changing the structural parameters of V-type slit
nozzle in the quick-freezing machine, the uniformity of heat transfer coefficient on the surface of
steel strip is improved, and the temperature of frozen products tends to be the same when the
quick-freezing food is processed to reach the outlet.

2. NUMERICAL SIMULATION
2.1 Establishment of Numerical Model
The structure of v-type slit nozzle is shown in Fig.1, and the nozzle structure parameters are
shown in table1. In this paper, the heat transfer uniformity of steel band surface along the width
direction of quick-freezing during quick-freezing process is simulated under five conditions:
traditional V-type slit nozzle and changing nozzle structure parameters (with or without exit section,
with or without V groove, changing nozzle width and nozzle length). Fig. 2a is a 3D structural
model for optimizing v-type slit nozzle.
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Figure 1: V type slit nozzle structure

Structure
parameters
V-type slit
nozzle

Table 1. Nozzle structure parameters

D

K

73mm

30mm

XL

750mm

YW

S

V

θ

600mm

5mm

66mm

30°

Figure2: Schematic diagram of V-type slit nozzle structure optimization

2.2 Numerical Model Conditioning
The flow medium is air, and the simulation process assumed:
(1)Air is an incompressible, homogeneous viscous fluid.
(2)The wall of the nozzle is considered as no slip wall, that is, the air velocity at the wall is U=0.
(3)The wall of nozzle is adiabatic, that is, heat flux q=0 W/m2.
Continuity equation, momentum equation and energy equation are used to solve the numerical
simulation process.
 Continuity equation:
u v w
0


x y z



Eq. (1)

Momentum equation:
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Energy equation:
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Where, turbulent viscosity:
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Eq. (8)

Among, Gk is the turbulent energy caused by the average velocity gradient. In this equation, the
constants of C1ε，C2ε，σk，σε，Cμ are 1.44,1.92,1.0,1.3,0.09 respectively。
The calculation model is set as follows:
(4)Pressure inlet is used as the entry boundary condition, Pressure outlet as the exit boundary
condition, and Pin = 250 Pa, temperature Tin = 228 K, Pout = 0 Pa, Tout = 233 K.
(5)The calculation model and the whole adjacent part of the freezer are used to set the mirror
boundary, i.e. Symmetry 1 and Symmetry 2, as shown in Fig. 3.
(6)A solution method is based on k-ε turbulence model, the SIMPLE algorithm with second order
upwind (Vikas et al., 2012) for all spatial discretization.

Figure 3: Numerical model and boundary condition setting

2.3 Five Nozzle Structures
In this paper, the effects of five different nozzle structures on the heat transfer characteristics and
non-uniformity of steel band surface in the direction of quick-freezing width in the quick-freezing
machine are compared, as shown in Fig. 4. Fig. 4a is the traditional V-type slit nozzle, Fig. 4b is
the V-type nozzle without exit section, Fig.4c is the V-type nozzle without V groove, Fig. 4d is the
V-type nozzle which has longer nozzle length. Fig. 4e is the V-type nozzle which has wider nozzle
width. The five nozzle structure parameters are shown in Table 2.
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(a)

（b）

(c)

（d）

(e)
Figure 4: Five different nozzle structures

Number
a
b
c
d
e

D
73 mm
73 mm
73 mm
73 mm
73 mm

Table 2. Five nozzle structure parameters

K
30 mm
0 mm
30 mm
0 mm
30 mm

XL
750 mm
750 mm
750 mm
750 mm
750 mm

3.

YW
600 mm
600 mm
600 mm
600 mm
600 mm

S
5 mm
5 mm
5 mm
5 mm
39 mm

V
66 mm
66 mm
0 mm
66 mm
66 mm

θ
30°
30°
0°
0°
0°

CONCLUSIONS

3.1 Effect of Nozzle Structure on Heat Transfer Characteristics of Steel band Surface
As shown in Fig. 5, along the longitudinal direction of the band (X direction), the heat transfer
intensity on the surface of the strip is quite different, that is, the Nu number on the surface of the
strip downstream of the cross flow is obviously higher than that on the upstream of the cross flow.
When the nozzle structure changes, the heat transfer intensity on the steel band surface is
inconsistent. Compared with Fig. 5a and 5b, the heat transfer intensity along the transverse
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direction (Y direction) of the band increases without the nozzle exit section, but overall, the surface
Nu of the band along the longitudinal direction (X direction) decreases. Compared with Fig. 5a and
Fig. 5c, the heat transfer coefficient of steel band surface shows a significant downward trend
when there is no V-type diversion groove at the nozzle inlet. Compared with Fig. 5c and Fig. 5d, as
the nozzle height increases, the heat transfer intensity along the longitudinal direction of the band
decreases and the Nu along the transverse direction of the band becomes more uniform.
Compared with Fig. 5d and Fig. 5e, when the nozzle width increases, the heat transfer coefficient
of steel band surface decreases greatly, and the heat transfer effect is poor.
The reasons for the above phenomena are as follows: when the nozzle has outlet section, the
outlet velocity distribution is uniform, and the flow velocity near the jet centre is higher than that of
the nozzle without outlet section; the existence of V-type diversion groove can obviously increase
the outlet velocity of the nozzle, which can improve the jet density and thus improve the heat
transfer coefficient of the steel band surface. In the freezer, with the increase of the length and
width of the nozzle, the jet density decreases gradually, and the heat transfer intensity on the steel
band surface decreases gradually. In summary, when the nozzle structure of quick freezer
changes, choosing the appropriate nozzle structure will effectively improve the heat transfer
characteristics of steel band surface.

（a）

（b）

（c）

（d）

（e）
Figure 5: Nussle Number Distribution on Steel band Surface under different nozzle structures

3.2 Effect of Nozzle Structure on Heat Transfer Uniformity of Steel Band Surface
The heat transfer uniformity index ƞ on the surface of the steel band is defined as the ratio (Subasi
et al., 2016) between the standard deviation of the local Nussle number σNu on the surface of the
steel band and the average Nussle number Nuave on the surface of the steel band. The value ƞ
represents the difference of Nu number at each position on the surface of the steel band. The
smaller the value ƞ is, the more uniform the heat transfer is on the surface of the steel band. The
calculation formula is as follows:
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 Nu
Nuave

 

Eq. (9)

The average Nussle number of steel band surface under five structures can be obtained by
FLUENT. Through comparison, it can be seen that the Nuave of V-type slit nozzle in Fig.4 (a) is the
largest, and the vertical value of the surface uniformity index of steel band reaches the minimum,
that is, the surface heat transfer uniformity of steel band is the best. In Fig.4 (e), the average
Nussle number Nuave of the steel band under the nozzle structure is the lowest, and the vertical
value of the surface uniformity index of the steel band reaches the maximum, that is, the surface
heat transfer uniformity of the steel band is the worst. The average Nussle number of the other
three structures is between them. When the vertical value reaches the minimum value, the surface
heat transfer intensity of the steel band is the strongest at this time, so the food freezing time is the
least. When the total production of the quick freezing machine is constant, the quick freezing
machine has the highest efficiency and the lowest energy consumption. To sum up, when v-type
slit nozzles are used, the average Nussle number Nuave on the surface of steel band is the largest,
and the vertical value of uniform heat transfer index is the smallest, which is the optimal nozzle
structure.
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Partial velocity in X direction(m/s)
Partial velocity in Z direction(m/s)
Pressure (kPa)
Dynamic viscosity( kg/（m·s-1）)

v



T

Specific heat at constant pressure(J/ (kg· K))

k

Partial velocity in Y direction(m/s)
Density( kg/m3)
temperature (K)
Heat transfer coefficient( W/ (m2·K))

REFERENCES
DaeHee, L., Jeonghoon, S., et al. 2004.The effects of nozzle diameter on impinging jet heat
transfer and fluid flow [J]. J.Heat Transfer. 126 (4):554-557
Hong, Y., TingKan, L., et al.2009. Numerical simulation study on structure design and parameters
optimization of high pressure water jet cutting nozzle [J]. Machine Tool＆Hydraulics. (11):9092.
Hukam,C. M. , Reodikar, S.A., et al . 2016. Influence of the shape of the orifice on the local heat
transfer distribution between smooth flat at surface and impinging incompressible air jet
[J].Experimental Thermal and Fluid Science. (70):292-306.
Jiahong, C. 2002.Freezing becomes a breeze [J]. FMC Food Technology. 9(1):32-34.
JinFeng, W., WenJun, L., et al. 2018.Influence of V type slit nozzle cutting ratio on belt surface
heat transfer characteristics of quick freezer [J]. FOOD＆MACHINERY.(4):94-98.
Katti V., Prabhu, S.V. 2008. Influence of spanwise pitch on local heat transfer distribution for in-line
arrays of circular jets with spent air flow in two opposite directions [J]. Experimental Thermal
and Fluid Science,33(1): 84-95.
Li, D., Zhu, Z., et al.2018. Effects of freezing on cell structure of fresh cellular food materials: A
review [J]. Trends in Food Science and Technology.75:46-55.
Laniro, A., Cardone, G.2012.Heat transfer rate and uniformity in multichannel swirling impinging
jets [J]. Applied Thermal Engineering. 49 (1): 89-98.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3262

Li, Y., Li, F., et al. 2018.Radio frequency tempering uniformity investigation of frozen beef with
various shapes and sizes [J]. Innovative Food Science and Emerging Technologies. 48:4255.
LuGuang, R., YunLiang, Z., et al.2018.Effect of straight section of nozzle outlet on flow field of jet
pump. Seminar on Development Strategy of Hydraulic Machinery.34:79-83.
Makatar, W.H., Perapong, T., et al. 2014.Effect of cross-flow velocity on flow and heat transfer
characteristics of impinging jet with low jet-to-plate distance[J]. J.Mechanical Science and
Technology.28(7)：2909-2917.
Ping, L., DongSu, Z., et al.2007. Computational study on the effect of nozzle geometric parameters
on the performance of jet flow field [J]. J. Machine Design. (11):50-52.
Subasi, A., Sahin, B., et al. 2016, Multi-objective optimization of a honeycomb heat sink using
response surface method [J]. International Journal of Heat & Mass Transfer.101:295-302.
Vikas, K, Ai, P., W., et al. 2012. 3-D Computational Fluid Dynamics Model for Forced Air Cooling of
Eggs Placed in Trays [J].Int. J. Food Engineering.108 (3):480-492.
WenHua, B., NengSheng, B., et al. 2011.Numerical simulation of V-shaped slot nozzle impinging
jet of printing and coating oven[J].Packaging Engineering. 54(3):28-32.
Yu, P. P., Zhu, K., Q., et al. 2017. Heat transfer rate and uniformity of mist flow jet impingement for
glass tempering [J]. Int. J.Heat and Mass Transfer.115:368-378.
Zhen, Z., Jin, X., 2008. Numerical simulation and verification on the velocity field of impingement
freezer [J]. Cryogenics, (6):45-50.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3263

Manuscript ID: 1765
DOI: 10.18462/iir.icr.2019.1765

Effect of various freezing rate on freeze-drying
process of water diagnosed by ultrasonic technology
Chin-Chi CHENG(a), Yen-Hsiang TSENG(b), Hong-Ping CHENG(a)

National Taipei University of Technology, Taipei, Taiwan
1, Sec. 3, Zhongxiao E. Rd., Taipei 10608 Taiwan, newmanch@ntut.edu.tw, hpcheng@ntut.edu.tw
(b)
Tai Yiaeh Enterprise Co., Ltd., New Taipei City, Taiwan
8, Ln. 283, Zhongzheng 3rd Rd., Yingge Dist., New Taipei City 239, Taiwan, yhtntut@gmail.com
(a)

ABSTRACT
In this paper, an ultrasonic transducer (UT) is integrated onto the bottom of a specially designed
frozen bottle for the purpose of monitoring the freeze-drying process of water under various freezing
rate. The temperature and visual observation made with a camera are then compared with the
corresponding ultrasonic signature. In order to evaluate the various freezing rate, two kinds of freezedrying processes are designed. The temperature and ultrasonic signals indicated the phase change
of cooling and freezing periods. These two periods are shorter when the shelf temperature is set at
a lower value. However, only ultrasonic signals indicate the phase change of drying period. The
visual observation indicates that the lower shelf temperature setting results in the smaller ice crystal
nuclei. This study demonstrates an innovative frozen bottle with an integrated ultrasonic sensor used
to measure the freeze-drying process of water under the various freezing rates.
Keywords: Freeze-Drying Process Diagnosis, Freezing/Drying Point, Ultrasonic Transducer (UT),
Cooling/Freezing/Drying Periods.

1. INTRODUCTION
Freeze-drying process is one of the drying methods, and it is utilized in reservation of food, drug,
and biopharmaceutical products (Toshniwal and Karal, 2013). The freeze-drying process includes a
freezing, primary drying and secondary drying step (Ratti, 2001) in order to withdraw the water from
a product. These three steps affect the phase change of water into ice, and the exhaust of ice from
the products. Therefore, the accuracy of measurement and perform of each step will influence the
final product quality significantly (Rahman, 2007). The normal measuring tools in freeze-drying
process include on-line and off-line tools. The off-line tools compose cryo-microscope (Nail et al.,
1994), differential scanning calorimetry (DSC), thermo-mechanical analysis (TMA), and dynamic
mechanical thermal analysis (DMTA) (Roos et al., 1996). All these tools are expensive and need
skilful technicians. The on-line tools contain temperature, pressure and visual recording instruments.
These tools may cause pollution of products and be limited to transparent container. In this paper, a
novel frozen container with an ultrasonic sensor is provided as the solution of above problems. The
phase change and three periods of freeze-drying process are indicated through the measured
results. This study demonstrates a frozen bottle with an integrated ultrasonic sensor used to measure
the freeze-drying process of water under the various freezing rates.

2. EXPERIMENTS
In this study, a freeze-drying machine, equipped with vacuum chamber, shelf, cold trap, refrigeration
unit and vacuum pump, is utilized for carrying out all experiments. A designed frozen bottle, equipped
with a transparent tube and a steel plate, can contain the sample and pass through the freeze-drying
process, as shown in Figure 1. The ultrasonic transducer (UT) is integrated on the plate by the solgel fabrication technology. The transmitted energy of ultrasound is less than 50 J. A camera is
utilized for recording all the physical variation of the sample. A thermocouple is installed in the middle
of the frozen bottle. The temperature, chamber pressure, visual records, and ultrasonic signals will
be compared for verifying the phase change and process phenomena.
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Figure 1: (a) Designed frozen bottle with ultrasonic transducer, (b) Ultrasonic signal with respective
to time-delay.

For evaluating the effect of various freezing rates, two types of freeze-drying processes are designed
for freeze-drying the water in the level of 15 mm, as shown in Table 1. The water is utilized to evaluate
the performance of diagnosing sensors, and most of the pharmacy use water as the solution. For
the 1st process, shelf temperature and freezing period were set at -30°C and 120 min, respectively,
to freeze water. After sufficient cooling and freezing, the chamber pressure was decreased from 760
to 0.17 Torr within several seconds. During the following primary and secondary drying processes,
the shelf temperature was continuously raised from -30 to 10°C at heating. The difference between
1st and 2nd procedure is the setting of shelf temperature. For 2nd procedure, the shelf temperature
was continuously raised from -20 to 20°C. The various freezing rate is achieved by setting the
different shelf temperature.
Table 1. Two procedures used for the freeze-drying process

No.

Shelf
temp.
(°C)

Freezing
period
(min)

Chamber
pressure
(Torr)

Drying temp. (°C)

Heating
period
(min)

1

-30

120

760→0.17

-20→ -10→ 0→ 10

60

2

-20

120

760→0.17

-10→ 0→ 10→ 20

60

3. RESULTS AND DISCUSSIONS
3.1.

Diagnosed by temperature during freezing process

Two containers, which were filled with water in the height of 15 mm, passed through the freezedrying process under the shelf temperature settings of -20 and -30°C, respectively. The experimental
results of water temperature during the freezing stage are shown in Figure 2. Figures 2 (a) to (b) are
the temperature variation of water under the shelf temperature settings of -30 and -20°C,
respectively, during the freezing stage. The timings of supercooling and phase change end indicated
by temperature are 19.2, 38.5 and 46.7, 74.1 minute-mark for the water under the shelf temperature
settings of -30 and -20°C, respectively. The cooling (△PCT) and freezing (△PFT) periods determined
by sample temperature are shown in Figures 2 (a) to (b). The cooling/freezing periods under the
shelf temperature of -30°C are shorter than those of -20°C, due to faster freezing rate.
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Figure 2: Temperature variations with respect to various shelf temperatures at freezing stage. Shelf
temperature: (a) -30 and (b) -20C.

3.2.

Diagnosed by ultrasonic amplitude during freeze-drying process

The experimental results of amplitude of ultrasonic L 3 echo during the freezing stage are shown in
Figure 3. Figures 3 (a) to (b) are the amplitude variations of ultrasonic L3 echo in water at the height
of 15 mm during the freezing stage under the shelf temperature settings of -30 and -20°C,
respectively. The timings of freezing point and phase change end indicated by ultrasonic L 3 echo are
19.5, 37.9 and 45.8, 74.7 minute-mark for the water under the shelf temperature settings of -30 and
-20°C, respectively. The cooling/freezing periods under the shelf temperature settings of -30 and 20°C are defined and indicated in Figures 3 (a) to (b). The corresponding timings of water-in, freezing
point and phase change end indicated by temperature and ultrasonic L 3 echo are illustrated in Table
2. The cooling/freezing periods indicated by ultrasonic L3 echo are similar with those indicated by
temperature in Figure 2 (a) and (b). In order to compare the cooling/freezing periods indicated by
temperature and ultrasonic L3 echo, the calculated cooling/freezing periods from Figures 2 and 3 are
shown in Figure 4. In Figure 4, the cooling/freezing periods indicated by ultrasonic L 3 echo are
illustrated with □ and ∆, respectively. Those period indicated by temperature are illustrated with ○
and ◊, respectively. The cooling/freezing periods indicated by temperature and ultrasonic L 3 echo
could be expressed in the following equations:
∆PCT = 22.29 + 0.25 × T

Eq. (1)

∆PCUT = 22.32 + 0.25 × T

Eq. (2)

∆PFT = 67.73 + 1.39 × T

Eq. (3)

∆PFUT = 71.23 + 1.57 × T

Eq. (4)

where T is the shelf temperature setting. Therefore, the temperature and ultrasonic L 3 echo are
capable to distinguish the various cooling/freezing rate.
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Figure 3: Amplitude variations of ultrasonic L3 echo at freezing stage with respect to various shelf
temperatures of (a) -30 and (b) -20 C, respectively.

Figure 4: Cooling/freezing periods determined by ultrasonic or temperature signals with respect to
various shelf temperatures.
Table 2. Timings and temperatures of water in, freezing point, phase change end and drying point
indicated by temperature and ultrasonic L3 echo for water level of 15 mm.

Shelf
temperature (oC)

－30

－20

Items

Water
in

Freezing point

Phase
change end

Drying
point

TimeTemp (min)

3.0

19.2

46.7

N/A

TimeUT (min)

3.0

19.5

45.8

838.0

Temperature (oC)

32.1

－0.4 (Supercooling)

－16.5

N/A

TimeTemp (min)

3.0

38.5

74.1

N/A

TimeUT (min)

3.0

37.9

74.73

835.9

Temperature (oC)

28.8

－8.5 (Supercooling)

－10.5

N/A
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Figures 5 (a) to (c) are the amplitude variations of ultrasonic L3 echo in water at the height of 15 mm
during the drying stage under the shelf temperature settings of -30 and -20°C, respectively. The
amplitudes of ultrasonic L3 echo rise from the bottom value at 350.4 and 297.8 minute-mark for the
water under the shelf temperature settings of -30 and -20°C, respectively, when the primary drying
stage ends. This is due to the sublimation of ice and less contact of ice with bottle surface. In Table
1, the drying temperature settings of procedure 2 are higher than those of procedure 1. This causes
the ending time difference of the primary drying stage under the shelf temperature settings of -30
and -20°C. After the end of primary drying stage, the amplitudes of ultrasonic L3 echo drop/rise at a
stable level at 838.0 and 835.9 minute-mark for the water under the shelf temperature settings of 30 and -20°C, respectively, when the second drying stage ends. This is due to the desorption of ice
and less contact of residual with bottle surface. These phenomena will be further evidenced in the
following sections. The drying periods of various water levels are also indicated. The corresponding
timings of drying end indicated by ultrasonic L 3 echo are illustrated in Table 2. It seems that the
various cooling/freezing speeds won’t affect the timings of drying end under the same water level.

Figure 5: Amplitude variations of ultrasonic L3 echo at drying stage with respect to various shelf
temperatures of (a) -30 and (b) -20 C, respectively.

3.3.

Diagnosed by visual observation under the various cooling speeds

Various cooling speed in water would show different physical property and dynamic phenomena that
can be observed in the container through visual records during the freeze-drying process at great
length. These phenomena could also be the evidence of other measured parameters. Figures 6 (a)
~ (b) are the photographs of the container with ice during the drying process. One can see that the
ice crystal nuclei in Figure 6 (b) are larger than those in Figure 6 (a), due to that the faster cooling
speed during freezing stage will cause smaller ice crystal nuclei. The various size of ice crystal nuclei
could be evaluated during the freezing stage by ultrasonic signals and temperature real-time.
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Figure 6: Photographs of ice in frozen bottle at freezing stage with respect to shelf temperature of (a)
-30 and (b) -20 C, respectively.

4. CONCLUSIONS
In this paper, an ultrasonic transducer (UT) is integrated onto the bottom of a specially designed
frozen bottle for the purpose of monitoring the freeze-drying process of water. The temperature and
visual observation made with a camera are then compared with the corresponding ultrasonic
signature. In order to evaluate the various freezing rates, two kinds of freeze-drying processes are
designed. The temperature and ultrasonic signals indicated the phase change of cooling and
freezing periods. These two periods are shorter when the shelf temperature is set at a lower value.
However, only ultrasonic signals indicate the phase change of drying period. The visual observation
indicates that the lower shelf temperature setting results in the smaller ice crystal nuclei. This study
demonstrates an innovative frozen bottle with an integrated ultrasonic sensor used to measure the
freeze-drying process of water under the various freezing rates.

ACKNOWLEDGEMENTS
This work is funded by Ministry of Science and Technology of Taiwan, ROC under Contracts No:
MOST 104-2221-E-027-121, MOST-105-2221-E-027-103 and MOST 107-3113-E-008-003.

NOMENCLATURE
UT

△PFT
△PCUT
△PDUT

ultrasonic transducer
freezing period determined
sample temperature
cooling period determined
ultrasonic echo
dryling period determined
ultrasonic echo

by
by
by

△PCT

cooling period determined by sample
temperature

L3

3rd ultrasonic reflecting echo

△PFUT

freezing period determined by ultrasonic
echo
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ABSTRACT
There is a growing need to adjust electricity consumption to electricity generation due to the rising
share of electricity generation from solar and wind energy. Refrigerated storage can support this by
thermal energy storage in e.g. an ice buffer.
Aim of this study is to investigate how optimal control can help to optimize the exploitation of an ice
buffer.
In this study the controlled system has a number of cold rooms for fruit storage, a refrigeration
plant, and an ice buffer, connected by a network of pipes in which a brine circulates. Electric
energy is supplied from local PV panels, supported by the power grid. It is shown how the
formation and melting of ice is adjusted to forecasted electricity tariffs.
The results demonstrate how an optimally controlled ice buffer can help to shape the electric
energy consumption, while maintaining temperatures in the storage rooms.
Keywords: control (automatic), energy storage, solar energy, storage.

1. INTRODUCTION
Electric energy supply grids come from an era where demand was dictated by electricity users, and
network managers controlled the energy supply. Controlling energy supply was not difficult as the
electric power supply by coal and gas fired power plants is easily adjustable. With the growing
share of electricity generated from sustainable sources, like wind and solar energy, the power
supply becomes ever less controllable. Therefore power grid operators explore ways to control
power demand in smart grids, amongst others by using price mechanisms.
One option to control the electricity demand from networks is to shift running times of refrigeration
plants (see e.g. Almenta et al., 2016) using ice buffers as thermal batteries. Also IPCC (2018) sees
the potential of smart controls when it “considers Artificial Intelligence, Internet-of-Things and
nanotechnologies as valuable general purpose technologies for smart lighting and air conditioning”.
Fruit storage facilities typically have multiple cold rooms connected to one refrigeration plant. The
refrigeration plant has enough capacity to rapidly cool down the fruit in the days after harvest.
Consequentially there is a large overcapacity in the rest of the storage season. Ice buffers are
effective batteries for thermal energy, due to the large latent heat of melting of water. The
combination of refrigeration overcapacity together with large thermal capacity gives opportunities to
shift the operation times of the refrigeration plant over time.
This paper presents a case study on the use of optimal control theory to manipulate the operation
of refrigeration plants with the purpose to shift electric energy consumption, while using an ice
buffer to store thermal energy. The concept may help to shape power demand in smart grids.

2. DESCRIPTION OF CONTROLLED SYSTEM
The controlled system is drawn in Fig. 1, and briefly explained here with reference to that figure.
It’s an indirect refrigeration system. A compressor compresses the primary refrigerant, which
condenses in an air-cooled condenser, then passes through a subcooler where the subcooling can
be increased, expands in an electronic expansion valve (EEV), then evaporates in an evaporator
where it extracts heat from a secondary refrigerant, and then is drawn into the compressor again.
The secondary refrigerant is a brine, typically maintained at a temperature between approximately
-3 and -15 °C. From the brine buffer three pumps extract brine. Pump 1 circulates brine over the
evaporator to extract heat from the brine. Pump 2 circulates brine over the N air-to-liquid heat
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exchangers Hex i (i = 1, …, N), installed in the connected cooling chambers in which temperature
needs to be
maintained. The ice buffer is nothing
but an insulated water vessel, in
which two separate pipe bundles are
installed. The ice buffer can be
charged by running pump 3. When
condenser
subcooler
pump 3 runs it circulates the main
brine through the first pipe bundle,
and ice grows on the pipes while
extracting heat from the buffer. The
compressor
ice buffer can be discharged by
EEV
running pump 4. When pump 4 runs
brine circulates in a second separate
evaporator
Pump	
  4
brine circuit. It extracts heat from the
Pump	
  1
subcooler, and conveys that heat to
the ice buffer. The increased
subcooling of the primary refrigerant
condensate yields extra refrigeration
capacity in the evaporator and is an
efficient way to make the stored
latent heat of ice available as
Pump	
  3
Ice	
  buffer
sensible heat at the desired
evaporation temperature level. The
next
section
presents
the
mathematical model of this system
Hex	
  i
Pump	
  2
used to solve the optimal control
Brine	
  buffer
problem.
Fig. 1, schematic overview of the controlled refrigeration
plant.

3. MODEL
The state vector for the complete model is the conjunction of two types of states:
𝐱 𝐦 (𝑡)
𝐱 𝑡 = 𝐋
𝐱 (𝑡)

(1)

With
xm = model states to describe the dynamic energy balances of the system depicted in Fig. 1.
xL = objective functional states used in formulating the optimal control problem.
The following subsections will define both types of states.
3.1

Modelling the heat balances of the controlled system

The faster system dynamics are assumed to be in steady state. Also the chamber temperatures
are left out of consideration, because local controllers will keep them constant. The complete
model state xm(t) ∈ ℝ2  is then given by
!

!
!
𝐱 𝐦 𝑡 = 𝑥 !,!
𝑡 , 𝑥!,!"
(𝑡)   

(2)

With
!
𝑥 !,!
𝑡 = temperature of the brine in the brine buffer [°C]
!
𝑥!,!" 𝑡 = enthalpy-content of the water/ice-content of the ice buffer [kJ]
The brine temperature dynamics are modelled according to
!
!!!,!

!"

=

!"##
!! !!,!

∗ 𝑄!!" 𝑡 + 𝑄!",!!!"#$ 𝑡 − 𝑃!!,!"#$ 𝑡 − 𝑄!",!"#$!!"#$ 𝑡
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The dynamic enthalpy balance of the ice buffer is given by
!
!!!,!"

!"

= 3600 ∗ (

!"!",!"# !!"#$ ! !!!" !
!"""

− 𝑄!",!!!"#$ 𝑡 + 𝑄!",!"#$!!"#$ (𝑡))

[kJ.h-1]

(4)

Where the enthalpy content of the water/ice in the ice buffer is a sum of sensible and latent heat:
!
𝑥!,!"
(𝑡) = 𝑚!"# (𝑡) ∗ 𝑐!,!"# ∗ 𝑇!" (𝑡) − ℎ!"#$ 𝑚!"# (𝑡) + 𝑚!"#$% (𝑡) ∗ 𝑐!,!"#$% ∗ 𝑇!" (𝑡)

[kJ]

(5)

!
𝑥!,!"
(𝑡) = 0 kJ when all mass is 0 °C water, i.e. when mice(t) = 0 kg en Tib(t) =0 °C.
In the above equation the three quantities mice(t), mwater(t), Tib(t) vary over time. They relate to
!
model state 𝑥!,!"
(𝑡) according to algebraic equations.
In eqn. 4 the term 𝑈𝐴!",!"# 𝑑 !"#$ 𝑡 − 𝑇!" 𝑡 /1000 [kW] accounts for the ingress of ambient heat
into the buffer through the walls, Qib,charge(t) represents the withdrawal of heat from the ice buffer by
the main brine buffer, Qib,discharge(t) represents the supply of heat to the ice buffer from the
subcooler. For calculation of these three terms it is necessary to know Tib(t). It follows algebraically
!
from 𝑥!,!"
(𝑡). After that Qib,charge(t) in eqn. 4 can be calculated from
!
𝑄!",!!!"#$ 𝑡 = 𝑈𝐴!",!!!"#$ 𝑡 ∗ 𝑢!!!!"# 𝑡 ∗ (𝑇!" (𝑡) − 𝑥 !,!
(𝑡))/1000  

[kW]

(6)

!
Where 𝑥 !,!
(𝑡) is the brine buffer temperature. The only unknown in eqn. 6 is the heat transfer
coefficient UAib,charge(t). For the time being it is chosen to use a black box model. In analogy with
Jekel et al. (1993) a more complete physical description is possible, but it would probably add little
in view of the existing parameter uncertainty.
The subcooler brine temperature is assumed to be uniform, and its dynamics are assumed to be
infinitely fast. The brine’s heat rejected to the ice buffer then equals the heat absorbed in the
subcooler, and the heat transfer resistances from ice water to subcooler brine, and from subcooler
brine to condensed refrigerant are a series connection, modelled as one lumped parameter:

𝑄!",!"#$!!"#$ 𝑡 = 𝑢!"#$!!"#$ 𝑡 ∗ 𝑈𝐴!",!"#$!!"#$ 𝑡 ∗ 𝑇! 𝑡 − 𝑇!" 𝑡   /1000

[kW]

(7)

The only unknown in eqn. 7 is UAib,discharge(t). It is treated like UAib,charge(t).
3.1.1
Model of primary refrigeration circuit
The dynamics of the primary refrigeration circuit are much faster than the ice buffer dynamics, and
therefore assumed to be infinitely fast.
The refrigeration capacity generated by the compressors is
𝑃!!,!"#$ 𝑡 = 𝑢!"#$ 𝑡 ∗ 𝑃!!,!"#$,!"# (𝑡)

[kW th.]

(8)

The maximum refrigeration capacity is the nominal max. refrigeration capacity Pth,comp,max,nom(t),
specified at nominal condensation and evaporation temperatures Tc,nom and T0,nom, increased with
2% per 1 °C decrease of Tc - T0, but always positive:
𝑃!!,!"#$,!"# 𝑡 = 𝑚𝑎𝑥 0;  𝑃!!,!"#$,!"#,!"# ∗ 1 + 0.02 ∗

[kW th.]

𝑇!,!"# − 𝑇!,!"# − 𝑇! (𝑡) − 𝑇! (𝑡)

With condensation temperature
𝑇! 𝑡 =

22                                                    𝑖𝑓          𝑑 !"#$ 𝑡 ≤ 10
𝑑 !"#$ 𝑡 + 12          𝑖𝑓          𝑑 !"#$ 𝑡 > 10

[°C]

(10)

And evaporation temperature T0(t) is the set evaporation temperature of -7 °C.
The supplied refrigeration capacity equals the sum of thermal compressor capacity and the heat
absorbed from the subcooler:
𝑃!!,!"##$% 𝑡 = 𝑃!!,!"#$ 𝑡 + 𝑄!",!"#$!!"#$ 𝑡

[kW th.]

(11)

Due to EEV limitations 𝑄!",!"#$!!"#$ 𝑡 can never be more than ± 10% of Pth,comp(t). This knowledge
is brought in the simplified model by adding a constraint:
𝑄!",!"#$!!"#$ 𝑡 − 0.1 ∗    𝑃!!,!"#$ 𝑡 ≤ 0
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Substitute eqn. 7 and 8 in the equation above to get
[kW]

𝑢!"#$!!"#$ 𝑡 ∗ 𝑈𝐴!",!"#$!!"#$ 𝑡 ∗ 𝑇! 𝑡 − 𝑇!" 𝑡 /1000 − 0.1 ∗    𝑢!"#$ 𝑡 ∗ 𝑃!!,!"#$,!"# (𝑡) ≤ 0
3.1.2
Electric power uptake
Thermal compressor capacity demands an electric power uptake of
[kW el.]

𝑃!",!"#$ 𝑡 = 𝑃!!,!"#$ 𝑡 /𝐶𝑂𝑃(𝑇! 𝑡 , 𝑇! (𝑡))  

(14)

Where Coefficient Of Performance (COP) depends on Tc(t) and T0(t) according to a fixed
compressor efficiency ηcomp multiplied by the theoretical Carnot efficiency:
𝐶𝑂𝑃 = 𝜂!"#$ ∗

(!! !!"#.!")
!! (!!"#$ ! )!!!

[(kW th.).(kW el.)-1]

  

(15)

Brine pumps for charging and discharging the ice buffer use 1 kW electricity when running at
maximum speed. In the refrigeration system there are many other users of electric energy, think of
brine pumps, air circulation fans and electric defrost actions. Their electric power uptake Pel,others(t)
is considered constant.
The electric power supplied to the plant from the grid follows from
𝑃!",!" 𝑡 = 𝑃!",!"#$ 𝑡 + 1 ∗ (𝑢!!!"#$ + 𝑢!"#,!!!"#$ ) + 𝑃!",!"!!"# − 𝑃!",!" 𝑡

[kW]

(16)

In this project Pel,PV(t) is treated as an external disturbance input.
3.2

Objective functional states (xL)

The objective functional consists of multiple cost terms. First of all there is the electricity costs:
!
𝑑!,!"#$%&'()"# 𝑡 ∗ 𝑃!",!" 𝑡           𝑖𝑓          𝑃!",!" 𝑡 ≥ 0
!!!"
=
[€.h-1] (17)
!"
−𝑑!,!"#$%&'(#) 𝑡 ∗ 𝑃!",!" 𝑡           𝑖𝑓          𝑃!",!" 𝑡 < 0
A hard constraint is that at any time −55 < 𝑃!",!" 𝑡 < 55 kW, because 55 kW is the low voltage
connection capacity above which the main circuit breaker will trip. As explained in e.g. Pierre
(1969) and van Henten (1994) a convenient way to deal with state constraints is to implement it as
a soft constraint:
!
!!!",!",!"#

!"

=

𝑃!",!" 𝑡

!
> (𝑝!,!",!"#
− 1) ∗

𝑃!",!" 𝑡

!
− (𝑝!,!",!"#
− 1)

!! (!)

[kWpj(5)]

(18)

!
with 𝑝!,!",!"#
= 55 kW.
In a similar way the upper constraint on Qib,discharge(t) is treated (eqn. 13):
!
!!!"#,!"#$!!"#$,!"#

𝑄!",!"#$!!"#$ 𝑡 − 0.1 ∗    𝑃!!,!"#$ 𝑡

=
!"
> −1 ∗ 𝑄!",!"#$!!"#$ 𝑡 − 0.1 ∗    𝑃!!,!"#$ 𝑡 + 1

!! (!)

[kWpj(6)]

In the same way the optimization routine is forced to always keep the brine buffer temperature
below the set evaporation temperature + 4 °C:
!
!!!,!

!"

=

!
!
𝑥 !,!
𝑡 − 𝑇!,!"# − 4 > −1 ∗ 𝑥 !,!
𝑡 − 𝑇!,!"# − 4 + 1

!! (!)

[kWpj(7)]

(20)

All xL-terms together form the vector
!
!
!
!
𝐱 𝐋 = 𝑥!"
  , 𝑥!",!",!"#
, 𝑥!"#,!"#$!!"#$,!"#
, 𝑥 !,!

!

(21)

where
!
𝑥!"
= electricity costs [€]
!
!
!
𝑥!",!",!"#
= penalty on power uptake outside the range [−𝑝!,!",!"#
, 𝑝!,!",!"#
] [kWpj(5)h].
pj(6)
!
𝑥!"#,!"#$!!"#$,!"# = penalty on Qib,discharge(t) > 0.1*Pth,comp(t) [kW h].
!
𝑥 !,!
= penalty on brine temperatuur > set evaporation temperature + 4 °C [kWpj(7)h].
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(1

3.3

Control inputs, disturbance inputs and initial conditions

The model has 3 control inputs, which need to be optimized:
u(t) = [ucomp(t), ucharge(t), udischarge(t)]T

∈ ℝ3

(22)

where
ucomp(t) = activated fraction of installed refrigeration capacity [-], 0 ≤ ucomp(t) ≤ 1
ucharge(t) = activated fraction of ice buffer charging capacity [-], 0 ≤ ucharge(t) ≤ 1
udischarge(t) = activated fraction of ice buffer discharging [-], 0 ≤ udischarge(t) ≤ 1
The model has four disturbance inputs, i.e. uncontrolled non-constant external inputs:
d(t) = [dTamb(t), dPel,PV(t), de,consumption(t), de,production(t)]T

∈ ℝ4

(23)

where
dTamb(t) = ambient air temperature [°C]
dPel,PV(t) = electric power generated by PV solar panels. [kW]
de,consumption(t) = price paid for electricity drawn from the power grid [€.kWh-1]
de,production(t) = price received for electricity supplied to the power grid [€.kWh-1]
In every call to the optimization routine the following initial conditions xm(t0) are used:
!

!
!
𝐱 𝐦 𝑡! = 𝑥 !,!
𝑡! , 𝑥!,!"
(𝑡! )   

𝐱 𝐋 𝑡! = 𝟎  

with

dim(𝐱 𝐋 𝑡! ) = 4 × 1

(24)
(25)

Where
!
𝑥!,!"
(𝑡! ) = estimated current enthalpy content of the ice buffer, which is an algebraic function of
the actual water level and temperature measurement [kJ].
3.4

Optimal control (OC) problem

The dynamic optimization problem is
𝑚𝑖𝑛
𝑝! 1 ∗

!
𝑥!"#,!"#$!!"#$,!"#

𝐮𝑡
!
𝑥!",!",!"#

!
𝑥!"

𝑡 + 𝐻 + 𝑝! 2 ∗
!
𝑡 + 𝐻 + 𝑝! 4 ∗ 𝑥 !,!
(𝑡 + 𝐻)

  𝐽 𝑢!"#$ , 𝑢!!!"#$ , 𝑢!"#$!!"#$    =
+ 𝐻 +                                                                                                              𝑝! 3 ∗
[€]

(26)

Subject to the modelled system dynamics (eqns. 1 - 25) and hard constraints
𝟎 ≤ [𝑢!"#$ (𝑡)

𝑢!!!"#$ (𝑡)

𝑢!"#$!!"#$ (𝑡)] ≤ 𝟏

(27)

In eqn. 26 H the prediction horizon [h]. The parameter vector pj is a vector of tuning parameters.

4. SIMULATED CASES
In the MATLAB simulation environment the above OC problem was combined with a selfprogrammed gradient-based search algorithm to solve the OC problem. For more details on the
algorithm see Lukasse et al. (2009).
In simulation a number of optimal control cases has been solved, to test and illustrate the
functioning of the optimal controller. Following cases are presented here:
1. Constant electricity price: dTamb(t) = 10 °C, dPel,PV(t) = 0 kW, de,consumption(t) = de,production(t) = 4 *
10-2 €.kWh-1.
2. Day-night electricity tariff: dTamb(t) = 10 °C, dPel,PV(t) = 0 kW, de,consumption(t) = de,production(t) = 7 *
10-2 €.kWh-1 if 7 < t < 23 h, else 1 * 10-2 €.kWh-1.
®
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3. One hour with large solar energy production, during which the reward for supply to the grid
is zero: dTamb(t) = 10 °C, dPel,PV(t) = 25 kW if 12 < t < 13 h else 0 kW, de,consumption(t) = 4 * 10-2
€.kWh-1, de,production(t) = 0 €.kWh-1.
4. One hour with large solar energy production, during which the price for supply to the grid is
high: dTamb(t) = 10 °C, dPel,PV(t) = 25 kW if 12 < t < 13 h else 0 kW, de,consumption(t) = 4 * 10-2
€.kWh-1, de,production(t) = 8 * 10-2 €.kWh-1.
The next section presents the simulation results.

5. RESULTS
In simulation the optimal solution was first
computed for case 1, in which all disturbance
inputs are constant over time. The resulting
optimal control inputs u* are virtually constant
(not shown for brevity). Case 2 differs from
case 1 only in terms of electricity tariff. The
higher tariff between 7 and 23 h is an incentive
to shift compressor activity ucomp(t) to outside
that time window. This is exactly what
happens. See Fig. 2 and Fig. 3. In the period 0
< t < 7 h te ice bank is charged. In the interval
6 < t < 7 h ucomp(t) gradually increases resulting
!
in decreasing 𝑥 !,!
(𝑡). In exchange for that
ucomp(t) is reduced in the interval 7 < t < 8 h,
and the ice bank is discharged in the period 7
< t < 23 h. In the period 23 < t < 24 h the
*
reverse happens, though less clear because it Fig. 2, x (case 2, day-night tariff).
interferes with the terminal effect, like in case
1.
In both case 3 (Fig. 4 and Fig. 6) and 4 (Fig. 5
and Fig. 7) there is 25 kW solar electricity Pel,PV
available between 12 and 13 h. In case 3 the
price de,production(t) for supplying this electricity to
the grid is = 0 €.kWh-1, i.e. an incentive to use
it locally. In case 4 the price de,production(t) for
supplying this electricity to the grid is = 8
€.kWh-1, i.e. an incentive to supply it to the grid.
As a consequence in case 4 the optimizer
chooses to run the compressors ucomp less than
average in that time period (Fig. 7), with some
compensation effects in the hours before and
after that period. In case 3 the irregularity
around 12 < t < 13 h is exactly the other way Fig. 3, u* (case 2, day-night tariff).
round (Fig. 6) because the price incentive works the other way round. Apparently neither in case 3
nor in case 4 does the algorithm see an advantage in charging the ice bank around the time
window 12 < t < 13 h.
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*

Fig. 4, x (case 3, 1 hour non-sellable dPel,PV).

*

Fig. 6, u (case 3, 1 hour non-sellable dPel,PV).

*

Fig. 5, x (case 4, 1 hour dPel,PV sellable at high
price).

*

Fig. 7, u (case 4, 1 hour dPel,PV sellable at high
price).

6. DISCUSSION
The numerical optimization algorithm is a gradient-based search algorithm. This is computationally
powerful, provided the optimization problem is well-shaped. Well-shaped first of all means that the
controls must be continuous, and the derivatives dJ/dui(t) must be continuous. Numerical
challenges easily arise. In the process of obtaining the simulation results presented here multiple
issues had to be solved. In this case for example the upper constraint on Qib,discharge(t) in eqn. 19
seems a reasonable way to impose Qib,discharge(t) ≤ 0.1*Pth,comp(t) at any time. But if ucomp(t) = 0 then
Pth,comp(t) = 0 and Qib,discharge(t) can only be at the edge of violating the constraint. Then numerical
errors in the computation of dJ/dudischarge(t) tend to dominate the calculated gradients and the
optimization may get stuck in a local minimum induced by numerical errors, instead of the true
local minimum.
Although the results show promising opportunities, more is needed before this concept can be
implemented. A first hurdle is tuning the parameter values. E.g. what is the brine-to-water heat
transfer coefficient UAib,charge(t) in the ice buffer, and how does it change when ice accumulates?
The domain of recursive parameter estimation offers tools to add self-learning features to the
concept (e.g. Ljung & Söderström, 1983).
Another hurdle is how to make this optimal control algorithm cooperate with all the existing local
controllers currently used to control the system. For example the optimal controller calculates
compressor control ucomp(t), but in practices local controllers control the compressors. These local
controllers often include very useful safety and stability characteristics. Therefore ways need to be
found that make the local controllers imitate the optimal behaviour.
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The optimal controller needs a model of the controlled system. When an installation company
wants to install this kind of controllers on new systems, it needs to program the model in the
controller. A generic concept is desirable to limit the amount of effort needed. Also bug fixing after
the initial installation becomes a lot more complex, as the controller’s degree of complexity largely
increases.

7. CONCLUSIONS
A cold store with a refrigeration plant coupled to a thermal buffer can help to shape electric power
demand from the power grid.
Optimal control theory can help to make the refrigeration plant’s control system anticipate
forecasted future disturbance inputs in an optimal way.
The network operator can in principle use flexible price incentives to automatically shape the cold
store’s electric power uptake, because the optimal controller is responsive to price incentives.
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Abstract

Growing energy demand from economic output and improved standards of living will likely put
added pressure on energy supplies. Storing energy allows researchers to balance the supply and
demand of energy. There are three types of thermal storage energy systems including sensible
heat storage, latent heat storage and thermo-chemical storage. Ice storage system is a latent cold
storage which uses ice for cold energy storage. Cold energy storage helps cooling capacity
overnight for later usage during peak hours. The most common form of cold storage air
conditioning technology is the ice-on-coil energy storage. In this study, the solidification process
in an ice-on-coil cold storage system is numerically investigated. The porosity-enthalpy method
is used to simulate the solidification process. Once carefully validated, the model is extended to
quantify the effects of different geometrical parameters including helix pitch of coil, coil diameter
and length on charging process.
Keywords: Cold Energy System, Ice Storage, Solidification, Phase Change Material (PCM),
Numerical Simulation, Porosity-Enthalpy Method

1. INTRODUCTION

Thermal energy storage (TES) is the most common method to store energy and shift the electricity
peak load. TES systems have as main advantages to reduce installation and maintenance costs
and to lower possible environmental impacts over chemical based technologies. Energy storage
allows extra thermal energy to be used for future consumption. For example, energy demand can
be balanced between day and night or heat can be stored in summer then used in winter or vice
versa. Generally, thermal energy storage can be applied in two different ways: sensible heat and
latent heat. The energy density is much higher for energy storage by latent heat and the efficiency
of such systems is generally higher too. The interesting reader can refer to the recent and
comprehensive review of Sarbu and Sebarchievici (2018) on TES.
Conventional central air-conditioning systems of commercial building represent about 50% of the
electrical demand, leading to high electricity costs. Air-conditioning using TES is currently seen
as a way to solve this problem. Cooling load demand during the warmest hours of summer days
leads to an increase in electrical energy request, intensifying the peak load. Thus, to reduce
electrical energy consumption during peak hours, cold energy storage systems are used. One of
the most common adopted methods is the ice on coil energy storage system. Based on this fact
that the electrical rates in the night time is low, so by designing the system to operate at night, the
costs decrease. This system has flexibility to control the peak of electrical rates. It should be noted
that daytime energy costs are six times more than night time energy costs.
In air-conditioner and refrigeration application, ice storage system is the efficient type of thermal
energy storage (Jang, 2000). Ice storage systems are divided to two different types including
static type and dynamic type. External melt ice-on-coil type, internal melt ice-on-coil type and
encapsulated ice type are belonging to Static types. Dynamic type includes ice slurry type and ice
harvesting type. In the HVAC systems, currently internal melt types are utilized widely.
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In both types of internal and external melt ice-on-coil systems, heat transfer fluid (usually glycol
solution) flows through coils in charging mode to create ice around the coils. Charging and
discharging modes are belonging to solidification and melting processes, respectively which
analysis these processes plays an important role in design of HVAC cold storage system.
There were many published research studies which analyzed the thermal characteristics of iceon-coil cold storage systems. However, most of them analyzed the ice-on-coil cold storage
systems thermodynamically and experimentally. A few number analyzed the ice-on-coil tanks
numerically in both charging and discharging modes.
Some of the studies related to the experimental analysis of the ice-on-coil cold storage system
are noted following. Jannesari and Abdollahi (2017) analysed the thermal performance of an
internal melt ice-on-coil ice storage system experimentally and numerically. Two different heat
transfer enhancement methods including thin rings and annular fins around tubes were utilized to
increase the ice formation and melting and accordingly increase the performance of the cold
storage system. Results indicate that tube with annular fins has the best performance.
A novel paraffin-based cold storage system was investigated experimentally by Torregrosa-Jaime
et al. (2013). The results showed that in the melting process, the natural convection within phase
change material is the dominant mechanism in heat transfer. At the lowest supply temperatures
and mass flow rates, better efficiency was achieved. Lopez-Navarro et al. (2013) performed an
experimental analyse with an internal melt-ice-on-coil system. The solidification process
(charging) has been investigated for different inlet temperatures and mass flow rates of the heat
transfer fluid. Fastest charging tests showed the lowest energy consumption.
A comprehensive study has been presented about both solidification and melting process in
internal melt ice-on-coil cold storage system experimentally by Ezan et al. (2011). A shell and
tube type latent cold storage system was considered which water is in the shell and ethylene
glycol as heat transfer fluid (HTF) flowed in the tube. Experimental results showed that, for both
solidification and melting processes, natural convection was the dominant heat transfer
mechanism after a short heat conduction dominated period.
Besides the experimental studies, there are some articles which analyse the charging or
discharging process of the ice storage system by numerical modelling. As noted above, the
Jannesari and Abdollahi (2017) performed numerical simulations beside the experimental study
to show the process of the water solidification. Zheng et al. (2011) simulated the charging and
discharging processes of an internal melt ice-on-coil thermal storage system using Simulink. Their
basic model provided qualitative results about the heat transfer. The results indicated that by
increasing the coil diameter, the heat transfer and accordingly the thermal efficiency. However,
the heat resistance increases simultaneously. Xie and Yuan (2014) performed numerical
simulations to study the material, thickness and arrangement of thin layer ring in ice storage
system which was utilized to enhance the heat transfer. The results indicated that material and
arrangement of thin layer ring have the most significant effect on the ice formation.
Although significant works have been published on ice-on-coil storage tanks, the literature on
shell and coil tube ice storage systems is more scarce. Moreover, the influence of the geometry
of the HTF (Heat Transfer Fluid) channel may be more important in horizontal ice storage
systems. Seddegh et al. (2016) studied numerically using the enthalpy method, the heat transfer
in a horizontal and vertical shell and tube energy storage system including phase change
materials (PCM). Their results indicated that the horizontal position of the PCM storage provides
a significantly higher performance compared to the vertical position.
The present study is then an attempt to quantify in details the effects of the main geometrical
parameters on the solidification process (charging) in a horizontal shell and coil tube ice storage
system. A 2D numerical flow solver has been developed then validated against three sets of
experimental data. The influences of the coil geometrical parameters including coil pitch, diameter
and height are presented and discussed in details. To the best of the authors’ knowledge, such
an extensive parametric study with three well validated flow solver has never been done so far
for the solidification process in a shell and coil tube ice storage system.
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2. MATHEMATICAL MODELING

The governing equations of the solidification process of the ice in a shell and coil tube ice storage
are solved for laminar, unsteady and three dimensional flow configurations using the enthalpyporosity method (Brent et al., 1988). For problems including natural convection, the variations of
density with temperature are generally accounted by considering the Boussinesq assumption,
which improves besides the convergence rate (Faghri and Zhang, 2006). The viscous dissipation
term is considered as negligible (Brent et al., 1988). The enthalpy-porosity method has proven to
be an efficient method to simulate the melting and solidifications of PCMs (like ice) (Mousavi
Ajarostaghi et al. 2017, Zheng et al. 2011, Seddegh et al. 2016, Jannesari and Abdollahi 2017).
The continuity, momentum, and thermal energy equations can be then expressed as follows,
respectively:
t (  ) +  i ( u i )  0
Eq. (1)
t ( u i )   j ( u i u j )   jj u i  i p   g i  S i
Eq. (2)

t (  h )  t ( H )   i ( u i h )   i (k  iT )
Eq. (3)
where ui are the fluid velocity components, ρ is the density of phase change material (water)
obtained through the Boussinesq approximation, μ its dynamic viscosity, k its thermal conductivity,
p is the pressure, g is the gravity acceleration, and h is the sensible enthalpy which is defined as
follows:

h  href 

T

C

p

dT

T ref

Eq. (4)

The enthalpy can be defined as:

H  h  H

Eq. (5)
where href is the reference enthalpy at the reference temperature T ref, CP is the specific heat, H
is the latent heat content of ice that may vary between zero (solid) and 1 (liquid). Therefore, the
liquid fraction β, can be written as follows:

0
if T  T solidus

  H / L  
1
if T  T liquidus
Eq. (6)
(T T
if T liquidus  T  T solidus
solidus ) / (T liquidus T solidus )

Liquidus temperature of the ice is 273.15 K. Temperature difference between liquidus and solidus,
in a mushy zone is 0.1 K (Sugawara and Beer, 2009; Shih and Chou, 2005). The Darcy’s law
damping terms Si are added as source terms to Equation (2) and include the phase change effect
on convection. They are defined by:
S i  (C (1   2 ) /  3 )u i
Eq. (7)
The coefficient C is a mushy zone constant in which the liquid fraction changes between 0 and 1.
In the present study, this constant is fixed at 105 kg/m3s as proposed by Brent et al. (1988).
The total energy of the system for a given time can be defined as the integration of specific
energies for each control volume, over the whole domain. The total rejected energy can be
calculated as follows:
E (t) = E Sensible (t) + E Latent (t)
Eq. (8)
Sensible and latent components can be defined for the melting process as:
𝐶
𝑇 ∶ 𝐿𝑖𝑞𝑢𝑖𝑑 𝑃ℎ𝑎𝑠𝑒
𝐸𝑆𝑒𝑛𝑠𝑖𝑏𝑙𝑒 (𝑡) = { 𝑊𝑎𝑡𝑒𝑟
Eq. (9)
𝐶𝐼𝑐𝑒 𝑇
∶ 𝑆𝑜𝑙𝑖𝑑 𝑃ℎ𝑎𝑠𝑒
𝐸𝐿𝑎𝑡𝑒𝑛𝑡 (𝑡) = 𝜌𝐼𝑐𝑒 × 𝑓(𝑡) × 𝐿

Eq. (10)

where L is the latent heat and f (t) is the fraction of ice volume in each control volume.

3. VALIDATION OF THE FLUID FLOW AND PHASE CHANGE SOLVER

Generally, two different cases are considered for validation purpose. For the first case, the heat
transfer process in a shell and coil tube heat exchanger is investigated numerically and the
obtained results are compared with the experimental results of the Jamshidi et al. (2013). The
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second case includes three different 2D solidification processes which are validated with
experimental results. All CFD simulations are performed in a commercial CFD software, ANSYS
Fluent 18.2 and the phase change is modelled by using the Enthalpy-Porosity model.
3.1.
Heat Transfer Process in a Shell and Coil Tube Heat Exchanger
In order to model the solidification process in the shell and coil tube PCM storage, the heat transfer
process in a shell and coil tube heat exchanger should be modelled and validated first. The
experimental results of Jamshidi et al. (2013) are then used for comparison purpose with the
predictions of the present flow solver. The hot and cold fluids flow in the tube and shell
respectively. Both flows (Water) are considered as steady-state, incompressible and in singlephase. A tetrahedral unstructured mesh grid is applied for the simulation. The outer wall of the
shell is adiabatic. Fig. 1a displays the variations of the averaged Nusselt number within the inner
side coil tube (hot side) with the Dean number of inner coil tube. As it can be clearly seen, the
present results compare fairly well with the measurements of Jamshidi et al. (2013) (maximum
error: 4.76% at Dei=700). The streamline of the flow in the coil tube with temperature contour is
illustrated in Fig. 1b.

(a)
(b)
Figure 1: (a) Comparison in terms of the averaged Nusselt number versus the Dean number
between the present study and the experimental data of Jamshidi et al. (2013). (b) The
streamline of the flow in the coil tube with temperature contour.

3.2. 2D Validation of Ice Solidification Modelling
For the 2D validation of ice solidification process, three different cases are modelled and the
results are presented. For all models, the thermo-physical properties of water, ice and ethylene
glycol (Xie and Yuan, 2014) are listed in Table 1 which are constant but the values are different
for the solid and liquid phases. The buoyancy effect is modelled by using the Boussinesq
approximation.
Table 1: Thermo-physical properties of water, ice and ethylene glycol (Xie and Yuan, 2014)
Parameter
Symbol
Value

Density of Fluid [kg/m3]
Specific Heat of the Fluid [J/ (kg.K)]
Specific Heat of the Solid [J/ (kg.K)]
Thermal conductivity of liquid water [W/ (m⋅K)]
Thermal conductivity of ice [W/ (m⋅K)]
Viscosity of the fluid [kg/ (m.s)]
Latent Heat of Phase Change [J/kg]
Melting Temperature [K]
Thermal Expansion Coefficient [K-1]

ρf
Cl
CS
KS
Kl
µf
L
Tf
β

999.833
4180
2217
1.918
0.578
0.00162
334000
273.15
-6.733353×10-5

3.3. Water Freezing in a Differentially Heated Cubic Cavity
The first case concerns the modelling of water freezing in a differentially heated cubic cavity of a
height L. We consider freezing of water after the thermal boundary condition is abruptly changed
from Tc = 273K to Tc = 263K at the cold wall. Two vertical walls are isothermal, kept at
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temperatures TH, TC. All remaining walls are assumed to be adiabatic. The temperature difference
between the vertical walls, TH − TC is 10K. The initial temperature of the fluid is set at T0 = 278K.
In the present case, the 144400 cells (380×380 nodes) is utilized. Dimension of the cavity L is
38mm. The configuration of the present case is illustrated in Fig. 2a. The validation curves of
present study in comparison with the Michalek and Koawlewski (2003) results are shown in Figs.
2b and 2c. Accordingly, there is a good agreement between present results and reference study.

(a)
(b)
(c)
Figure 2: (a) The 2D configuration of first case for ice formation validation (b) and (c) Validation
curves of present study in comparison with the Michalek and Koawlewski (2003) results

3.4.
Water Freezing around a Single and Two Vertically Spaced Cylinders in a
Rectangular Cavity
In this cases, two different 2D domain including single and two vertically spaced cylinders in a
rectangular cavity are considered to model the ice formation. The obtained results of the present
simulations are compared with the experimental results of the Sasaguchi et al (1997). The
geometries of the single and two vertically spaced cylinders in a rectangular cavity filled with water
are shown in Fig. 3a. The physical system consists of a rectangular cavity which contains two
horizontal, vertically spaced cylinders with diameter d, and all the walls (left, right, top and bottom
walls) are assumed to be insulated. In this study d is set at 0.0254 m. The initial temperature of
the domain and the wall temperature of the cylinders are kept constant 4℃ and -10℃,
respectively. The timewise variations of the solid volume ratio, AS/AC, which is defined as the ratio
of the solidified area to the total cross-sectional area of the cylinder(s), is used to draw the
validation curves. The validation curves with good agreement of both models from the present
simulations in comparison with the experimental results are shown in Figs. 3b and 3c.

(a)

(b)

(c)

Figure 3: (a) The geometries of the single and two vertically spaced cylinders in a rectangular
cavity which is full of water in solidification point (b) Comparison between the present
numerical results and the experimental results of Sasaguchi et al (1997) study for single
cylinder (c) two vertical spaced cylinder
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3.5.
Water Freezing around Four Tube in a Rectangular Tank
In this section, solidification around the four cylindrical tubes immersed in a water rectangular
cavity is simulated. The geometrical dimensions are shown in Figs.4a and 4b. symmetry condition
at left and right boundaries. adiabatic and no-slip conditions at the top and the bottom walls.
experimental results demonstrate that the variation of temperature versus time from the start of
the ice formation till the end of the process is around 1 K for each tube. Therefore, temperature
boundary condition for each tube is set to the average temperature value during ice formation
including 270.15 K, 270.65 K 271.15 K and 273 K, for the first tube to the forth tube, respectively.
The timewise variations of the solid volume ratio, AS/AC, is used to draw the validation curve in
the Fig. 4c. It can be seen that good agreement is achieved between present study and
experimental results.

(a)
(b)
(c)
Figure 4: (a) General view of tubes in cool storage tank and (b) Solution domain for simulation
Geometrical dimensions in the simulation (c) Compare the solid volume ration, AS/AC, of
present numerical results with the results of Sasaguchi et al. (Experimental) for four cylinders

4. RESULTS AND DISCUSSION

The geometry considered now is a shell and coil tube ice storage tank as displayed in Fig. 5 with
the main relevant parameters. The length of the tank, coil tube diameter and pitch are 400, 10
and 80 mm, respectively. Ethylene glycol is used as HTF fluid within the coil tube. Four different
mesh grids have been considered for mesh independent. Finally, grid with 584300 cells is used
for all simulations. The mesh is unstructured and based on tetrahedral elements with 10 prismatic
layers near coil wall. The shell is full of ice at the initial condition. The inlet mass flowrate and
temperature of the heat transfer fluid (ethylene glycol) are 2 l/min and -10℃, respectively.

Figure 5: Schematic of the shell and coil tube PCM storage with relevant geometrical parameters.

In this study, the effects of geometrical parameters including coil pitch (P), coil diameter (d) and
coil height (Hc) are investigated numerically on the solidification of water in a horizontal shell and
tube type of ice on coil cold storage system. It should be noted that in order to compare logically
the cases, in the cases which should be compared with together (A with B, C with D and E with
F), the heat transfer area that is the lateral area of the coil, is kept constant. Accordingly, one of
the geometrical parameters is considered free parameters (helix diameter (DC)). The coil
geometrical parameters for all investigated models are listed in Table 2. Liquid fraction of the all
simulations are illustrated in Fig. 6. The cases A with B (Fig. 6a), C with D (Fig. 6b) and E with F
(Fig. 6c) are compared. For instance, the liquid fraction contours of 4 cases at two different time
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3283

(after 2 and 6 hour) are illustrated in Fig. 7. Results show that by increasing coil pitch (A to B) and
height of spiral coil (E to F), liquid fraction decrease 6.35 and 4.1%, respectively after 6 hours. By
increasing the coil diameter (C to D), liquid fraction increases 10.28% after 6 hours.
Models
Effect of P
Effect of d
Effect of
HC

Table 2: The coil geometrical parameters of the investigated models.
Height of
Helix
Spiral coil
Coil
Coil pitch
spiral coil
diameter
length
diameter
HC (m)
P (m)
DC (m)
L (m)
d (m)

Case A
Case B
Case C
Case D
Case E
Case F

0.36
0.36
0.36
0.36
0.24
0.42

0.04
0.12
0.09
0.09
0.04
0.04

0.17
0.48
0.48
0.25
0.43
0.25

4.83
4.55
6.05
3.17
8.13
8.27

0.016
0.016
0.016
0.022
0.016
0.016

Heat Transfer
Area
A (m2)
9.7×10-4
9.7×10-4
1.2×10-3
1.2×10-3
1.6×10-3
1.6×10-3

(a)
(b)
(c)
Figure 6: Curves of liquid fraction for different cases (A-F) after six hours (a) Compare case A with B (b)
Compare case C with D (C) Compare case E with F
Compare case C with Case D

After 6 hour

After 2 hour

Compare case A with Case B

Case A

Case B

Case C

Case D

Figure 7: Contours of liquid fraction for cases A, B, C and D at two different time (after 2 and 6 hours)

5. CONCLUSIONS

In the present paper, the solidification process of ice in a horizontal shell-and-tube ice storage
system has been numerically investigated using the enthalpy-porosity method in ANSYS Fluent
18.2 software. The flow solver has been first carefully validated against two sets of experimental
data, one considering the heat transfer process in a horizontal shell and coil tube heat exchanger
and one considering the ice solidification process (three different 2D validation). By investigating
the effects of coil geometrical parameters, obtained results show that by increasing coil pitch
(case A to case B) and height of spiral coil (case E to case F), liquid fraction decrease 6.35 and
4.1%, respectively after 6 hours. By increasing the coil diameter (case C to case D), liquid fraction
increases 10.28%.
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CP
g
h
H
k
L
T

NOMENCLATURE

specific heat (J.kg-1.K-1)
gravitational acceleration (m2.s-1)
sensible enthalpy (J.kg-1)
enthalpy (J.kg-1)
thermal conductivity (W.m-1.K-1)
latent heat fusion (J.kg-1)
temperature (K)

Nu
De
Re
µ
ρ
ν
β

Nusselt number (Nu=h×d×k-1)
Dean number (De = Re × (d × Dc −1 )0.5)
Reynolds number (Re=4 × 𝑚̇ × 𝜋 −1 × 𝑑−1 × 𝜇−1 )
dynamic viscosity of the fluid (kg.m-1.s-1)
density (kg.m-3)
kinematic viscosity (m.s-2)
liquid fraction
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ABSTRACT
UK peak electrical demand and energy prices are rising. Concurrently, there is greater use of intermittent
renewable energy and increased requirements for energy storage.
Refrigerated storage facilities (RSF) provide opportunities to store heat energy with potential to help
balance energy demand with supply; reduce peak demand; facilitate more efficient operation; and
reduce both costs and environmental impact.
REDUCE field studies investigated impact of load-shedding in RSF on food products; energy
consumption and costs; and carbon emissions. Product temperatures met safety and legal limits. Peak
tariff cost savings averaged >70% and carbon emission reductions were >10%.
REDUCE supports industry confidence in load-shedding which offers financial paybacks to users and
reduces environmental impact. REDUCE highlights practical issues and areas for discussion and future
research for successful implementation and monitoring of load-shedding.
Keywords: Refrigeration, Load-Shedding, Product Safety, Energy Efficiency, Environmental Impact.

1. INTRODUCTION
This paper describes our study into Reducing Energy Demand by Using Cooling Efficiently (REDUCE).
Despite investigations into load shedding in RSF since the 1970s in the United States of America (USA)
(Ashby et al., 1979), in the United Kingdom (UK) the take up of load shedding is limited, with concerns
over product safety being a significant concern. There is potential for significant savings of energy,
carbon emissions and financial costs, but the extent of such savings and issues involved in refrigeration
load shedding in the UK require further investigation. Pressure on the electrical grid and constraints in
demand, coupled with global environmental concerns have led to discussion about the potential of load
shedding in RSF, but possible benefits are not fully known or understood.
Four linked field studies were conducted in chilled or frozen RSF to investigate issues around load
shedding, yielding quantitative data collected from various monitors and probes and allowing product
temperatures, energy use and costs to be analysed, estimated and compared. Observations of facilities
were made throughout the studies provided further relevant evidence. This resulted in estimations of
benefits of load shedding and highlighted some barriers to using it. Although industry experts believe
that some RSF practice load shedding, there are no published UK details regarding this and neither the
effects on product temperatures nor implications for costs and savings, nor any guidance for the industry
have so far been published.
This paper describes the REDUCE study. Section 2 provides the general background to the subject,
Section 3 describes the investigation and the results and discussion are covered in Section 4 and 5.
Conclusions and areas of further work are described in Section 6.

2. BACKGROUND
2.1 UK Energy and Refrigeration
Reviewing government data, increases of circa 2% can be seen in air-conditioning consumption over
the past 6 years. Total electricity consumed by the Refrigeration, Air Conditioning and Heat Pump
(RACHP) industry is 17.8% of total electricity supplied to the UK (DBEIS, 2016). For the UK to meet
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2050 targets, 60% more energy from renewables will be required, with 50% increase in distributed
generation and investment into energy, including energy storage balancing. Electrical vehicles could
drive large increases in peak demand, along with decarbonising heat, with technology such as air source
heat pumps. The National Grid made 4 predictions for future energy demand: Two Degrees; Slow
Progression; Steady State; and Consumer Power (National Grid, 2017a). All show peak electricity
increases and incentives are needed to optimally reduce this peak demand (Fig. 1). These initiatives
have already begun with incentives to consumers to use energy more dynamically. Peak UK electrical
demand makes up around 21% of total peak energy demand. Heat demand in buildings and industry
(supplied by gas) currently makes up 75% of peak heat demand (Connolly, 2017).

Figure 1. Indicative comparison of UK peak heat and electricity demand variability across a year –
(National Grid, 2017a; Department of Energy and Climate Change, 2012).

2.2 UK Commercial and Industrial Electrical Energy Costs and Billing
Larger consumers of electricity pay certain additional charges on top of their actual electricity
consumption, which are separated, and itemised on their bill. Two of these charges could be either
partly, or fully avoided. Triad charges fall under Transmission of Network use of System (TNUoS)
charges and the ‘Triad season’ runs from 1st November to the end of February. Charges comprise the
total amount of electrical energy consumed within the three-half hourly (HH) periods multiplied by the
tariff charge. The average current charge is £48.08 per kW used while in the HH Triad period, but is
dependent on location. An average increase of circa 34% to 2022/23 is predicted (National Grid, 2017b).
All previous Triad periods were in the zone ending between 17:30 and 18:30. Distribution Use of System
(DUoS) charges are in place to recover the costs of installing and maintaining the local networks. For
consumers on HH data meters, these DUoS charges vary with time of day, split into bands of red, amber
and green. For example, UK Power Network (Eastern Power Network) are as follows (Table 1).
Table 1. DUoS time period and example costs

Time Period

Red Time
Band

Amber Time
Band

Green Time
Band

Monday to Friday (including Bank Holidays) All year

16:00 – 19:00

07:00 – 16:00
19:00 – 23:00

00:00 – 07:00
23:00 – 24:00

Saturday and Sunday - All year

-

-

00:00 – 24:00

-1

10.911

0.078

0.014

-1

6.384

0.020

0.004

LV HH Metered Tariff Unit Charge (p∙kWh )
HV HH Metered Tariff Unit Charge (p∙kWh )
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2.3 Legal Control and Temperatures for Food Storage
UK food legislation at present is harmonised with European Union (EU) regulations. EU Regulations
require that official controls are in place to check food operators, with the onus on food operators to
conduct their own hazard analysis and critical control point (HACCP) assessments. Regulation EC
853/2004 sets standards for foods of animal origin defining minimum storage temperatures of some
meat products. UK temperature control requirements do not apply to foodstuffs already covered by the
EU. To all other chilled foodstuffs that are ‘likely to support the growth of pathogenic micro-organisms’,
‘a temperature above 8°C commits an offence’ (HM Government, 2013). Quick-frozen foodstuffs (QFF)
are required to be maintained at -18°C throughout the product. The British Frozen Food Federation
(BFFF) provides product temperature regulations (not air temperature) (BFFF, 2012), and suggest 18°C is selected for food quality issues rather than food safety issues, e.g. ice cream at -15°C becomes
soft and its appearance may be affected by crystallisation (BFFF, 2009).
Evans reports that temperatures in many instances ‘(especially in frozen stores) are kept lower than
necessary to provide a safety margin in case of plant failure’ (Evans, 2009). ‘At chilled temperatures the
growth of micro-organisms occurs only slowly’, ensuring food quality can be maintained for extended
periods. In the large majority of foods ‘microbial growth will be inhibited at temperatures below -12°C’.
In the main, ‘food will spoil about four times as fast at 10°C and twice as fast at 5°C, as at 0°C’. ‘Spoilage
micro-organisms do not grow below -10°C to -12°C and pathogens below -1°C’ (Motarjemi and
Lelieveld, 2014). Two studies on fluctuations in frozen storage found fluctuations should be kept to a
minimum or not more than ±3°C (Phimolsiripol, et al., 2007; Ashby et al., 1979).
2.4 Load Shifting and Shedding
Load shifting involves moving energy demand (load) to a different time period. The idea is that while net
load remains constant, consumption and cost may be lower due to increased efficiency of plant, or more
economical energy rates. An interesting study, conducted on shifting load in wet appliances, space
heating cooling and electric vehicles, found load shifting proved invaluable for demand side
management (DSM), and that peaks could be reduced, enabling more efficient use of renewable energy
because of less constraints of the energy source (Wimmler et al., 2016). Many studies conducted since
the late 1970s, reviewed by Ashby et al. (1979), showed how load shedding is controlled in buildings,
leading to three distinct areas of research for refrigerated storage facilities using Building Thermal Mass
(BTM), Thermal Energy Store (TES) or Phase Change Material (PCM) strategies. In the UK, it is widely
accepted that load shedding takes place, but no UK research has emerged for RSF. Load shedding
offers clear wins for consumers (more efficient plant; less maintenance and lower consumption costs);
the environment; and the grid; (peaks are reduced, putting less demand on the already struggling
electrical grid).

3. INVESTIGATION
The four linked REDUCE field studies were set in chilled or frozen RSF, yielding quantitative data from
various monitors and probes, showing product temperatures, energy use and costs for analysis,
estimation and comparison, resulting in estimations of benefits of load shedding. Observations of
facilities, made throughout, provided additional evidence and highlighted some barriers to use.
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3.1 Site Selection, Installation and Review

Figure 2. Facility 3 marshalling and storage area

Qualitative observational data was collected and considered in conjunction with quantitative results. All
facilities’ refrigerated chambers were constructed using insulated composite panels. The three facilities
physical area/volume of refrigerated space varied considerably. Plant was controlled via a supervisory
control and data acquisition (SCADA) system. The refrigeration systems main components were
individually metered with power sub meters (with displays). Defrosting was via hot gas or off cycle, which
had to be disabled during the REDUCE field studies, in order to avoid higher temperatures while load
shedding. RSF operated normally throughout all field studies (Fig. 2).
3.2 Field Studies
Evans found it was common for operators to switch off refrigeration during peak demand periods when
energy is more expensive, stating the room temperature is allowed to rise slowly and only reduced once
the cost of energy is lower, but with no data on the impact to space/product temperature (Evans, 2009).
REDUCE field studies measured product temperature, chamber temperature and electrical energy
consumption while load shedding. Refrigeration systems were shut down to match both the DUoS and
TNUoS charge periods. Sequenced shut down began at 15:45 and was turned back on from 19:00.
Sequencing is important, as fully loading the refrigeration plant can cause issues with electrical load.
Table 2. Product data logged for investigation

RSF Chamber
1

1
2
1
2

2

3
4

3

Product 1
1 Yogurt (500g pack
(125g/yogurt))
1 Orange
N/A
Ice Cream (8 pack, 500g
each - Surface
Temperature)
Ice Cream (8 pack, 500g
each - Surface
Temperature)
Ice Cream (8 pack, 500g
each - Surface
Temperature)

Product 2
1 Salad Bag (100g Pack)
1 Cauliflower
N/A
Pizza (350g Boxed Surface Temperature)
Pizza (350g Boxed Surface Temperature)
Pizza (350g Boxed Surface Temperature)

1

Whole Chicken (1,250g)

Chicken Breast (600g)

2
3

1 Orange
Vine Tomato's (250g pack)

1 Pomegranate
1 Butternut Squash

Marshalling

Whole Chicken (1,250g)

Chicken Breast (600g)

Product 3
Salmon (225g 2 fillet
package)
N/A
Pizza (350g Boxed Internal Box
Temperature)
Pizza (350g Boxed Internal Box
Temperature)
Pizza (350g Boxed Internal Box
Temperature)
1 Sausage (from
packaged 150g 4 pack)
1 Sausage (from
packaged 150g 4 pack)
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Some frozen product was pre-selected (RSF 2), for comparison to previous temperature fluctuation
studies (Phimolsiripol et al., 2007; Schalbart et al., 2014): such as a dough-based product (pizza); and
ice cream. All other product was selected to get a good range of stored product and was data logged
and recorded for each facility (Table 2). All product was removed from pallets and stored independently,
perceived to be ‘worst case’ as product within pallets offers much higher thermal mass. Chamber 1 (of
4) in Facility 2 remained operational throughout the study. It became apparent in Facility 1 that chill
facilities were susceptible to health and safety issues due to condensation forming on the concrete slab
while the refrigeration system was isolated (reported by maintenance team, close to the dock doors,
during major refrigeration failure). In chilled facilities 1 and 3, Gemini’s Tinytag data loggers were used,
using needle probes, inserted into the core of the product. Chamber air temperature was recorded on
the air inlet to the evaporator. Floor slab temperature was recorded via a needle probe with the surface
extended with tin foil, and insulation and a heavy weight placed over the probe, to ensure good slab
contact. Facility 2 frozen product temperature was logged at the surface only, to avoid product damage.
Product absorbs heat outside-in, so, core temperature would be lower. For pizza, both box and inner
product were plastic wrapped, so probe was inserted into the wrap. Facilities 1 and 2 energy meters
were logged every 10 minutes for power in kW used. Facility 3 had a calibrated energy system on site,
recording site energy data at 10-minute intervals.
3.3 Data and Analysis
Temperature increase by product and electrical energy consumption (Table 3), showed Facility 1,
Chamber 1, temperatures increased as expected during load shedding but fell to between 0.8°C and
2.8°C following it. Facility 2, Chamber 2 ice cream increased 2.45°C, to -17.56°C, the only ice cream to
increase past -18°C for approximately 3 hours (manufacture recommends storage of at least -18°C). Ice
cream core temperatures would be lower as product will absorb heat from the outside in. All chilled
product remained below 4°C, the required minimum storage temperatures. Facility 3 is 16 m high, and
stratification of air is believed to have been an issue. Altwies and Reindl, (2001), suggested evaporator
fans operate for short periods of time during load shedding to avoid this.
Table 3. Load shedding temperatures

Facility 1

RSF

Chamb
er

1

2

Facility 2

2

3
4

Item

Temperature
at 15:00
(°C)

Chamber Air Temperature 1 (a)
Chamber Air Temperature 1 (b)
Salad Bag
Yogurt
Salmon
Chamber Air Temperature 2 (a)
Chamber Air Temperature 2 (b)
Orange
Cauliflower
Chamber 2 - Air
Chamber 2 - Ice Cream
Chamber 2 - Pizza (Surface)
Chamber 2 - Pizza (Internal)
Chamber 3 - Air
Chamber 3 - Ice Cream
Chamber 3 - Pizza (Surface)
Chamber 3 - Pizza (Internal)
Chamber 4 - Air

2.87
2.74
4.30
3.24
2.31
6.11
6.78
7.11
7.06
-19.31
-20.01
-20.42
-20.47
-19.96
-20.03
-20.19
-20.28
-19.98

Max
Temperature
During Load
Shedding
(°C)
5.31
5.14
5.02
3.88
3.79
8.44
8.60
7.49
7.51
-15.17
-17.56
-16.06
-16.86
-16.71
-18.34
-17.13
-17.68
-17.05
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Temperature
Increase
(°C)
2.44
2.40
0.72
0.64
1.48
2.33
1.82
0.38
0.45
4.14
2.45
4.36
3.61
3.25
1.69
3.06
2.60
2.93
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Facility 3

Marshalling

1

2
3

Chamber 4 - Ice Cream
Chamber 4 - Pizza (Surface)
Chamber 4 - Pizza (Internal)
Marshalling Air Temperature
Chicken Breast
Whole Chicken
Sausage
Chamber 1 Air Temperature
Chicken Breast
Whole Chicken
Sausage
Chamber 2 Air Temperature
Orange
Pomegranate
Chamber 3 Air Temperature
Tomato
Butternut Squash

-20.37
-20.63
-20.63
4.37
2.75
2.84
2.78
0.81
1.03
1.00
1.29
4.34
3.85
3.70
9.95
8.85
8.83

-19.04
-18.30
-18.45
6.97
3.22
3.14
3.39
2.06
1.26
1.23
1.66
4.80
4.23
3.97
10.44
8.80
8.76

1.33
2.33
2.18
2.60
0.47
0.30
0.61
1.25
0.23
0.23
0.37
0.46
0.38
0.27
0.49
-0.05
-0.07

Condensation occurs when the surface temperature of a material is colder than the dew point
temperature of the air. Fig. 3 shows floor condensation analysis carried out during the investigation.
Dew point temperature does encroach upon the slab temperature at one point during the trial in Facility
3, so it is believed both external ambient conditions and floor slab construction would need to be
considered. No condensation was noted during the study.

Figure 3. Example product temperature data and floor condensation assessment

Fig. 4 shows an example of refrigeration electrical energy, with kW readings from each power meter
recorded over each 10-minute period. With data split into total compressor, condenser and individual
chamber consumption. Data included the total consumption 3 hours before, energy during and energy
3 hours after load shedding. Initially it was expected that there would be no net gain or loss in energy
due to load shedding as energy is being shifted from one period to another.
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Figure 4. Facility 3 refrigeration electrical energy consumption

Table 4 shows the energy consumed before, during and after the load shedding period. While
evaporators were isolated during load shedding, the plant continued to maintain the ammonia
temperature in the surge vessel. Facility 1 (a) was the only result to show a net increase in energy. It
was noted that isolating battery charging could be an easy win for consumers. Less energy consumption
following load shedding can only occur due to a number of variables: efficiency of the refrigeration plant;
lower ambient temperatures, higher operating efficiency; higher operating efficiency at full load and less
heat load on the chamber; less product; less heat gains.
Table 4. Facility refrigeration load shedding energy analysis

RSF
Facility 1 a
Facility 1 b
Facility 2
Facility 3

Before Load Shedding
(kWh)
465.2
335.6
3,706
185.4

During Load Shedding
(kWh)
101.3
9
2,341
20.1

After Load Shedding
(kWh)
885.7
547.5
3,854
192.2

Facility 1 raised questions over the control and operation, as both product and air temperatures were
reduced to lower than their start point following load shedding. Following a second trial it was found that
Facility 1, was controlled with a floating suction set-point, as the temperature of the chamber increased
the suction temperature decreased. This was set to a maximum of 0°C, then decreasing (or increasing)
0.2°C every 5 minute. During trial B, compressor set point was manually set to 0°C. Over the 3-hour
load shedding period the temperature decreased to -7.2°C, and effects of this are seen in both chamber
temperatures and energy increases.

4.0 RESULTS
Data analysis showed load shedding is possible without risk to product, peak tariffs can be reduced by
up to 95% and carbon reductions can be up to 11%. Using average half hourly consumption, the Triad
charge with no load shedding can be calculated. DUoS ‘red band’, cost savings can be calculated using
the calculated amount of energy that was load shed during the period between 16:00 and 19:00. Carbon
savings can be calculated using the data from Table 4. RSF 1 figures would improve if the system
control was adapted, RSF 2 if all chambers were isolated during loading shedding. Shedding could be
carried out during November to February (Triad season) or the entire year. Table 5 shows the results of
each RSF load shed.
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Table 5. Cost and carbon savings

RSF 1 a

RSF 1 b

RSF 2

RSF 3

Triad Charge (£/kWh)

51.87

51.87

51.87

49.2

Average HH (no load shed) (kWh)

77.5

55.5

617.7

30.9

Average HH (with load shed) (kWh)

16.88

3

390.2

6.7

Total Triad Saving with Load Shed (£)

9,433

8,170

35,401

3,572

Total Energy Shed (kWh)

363.9

326.6

1,365

165.3

*DUoS saving per day (£)

23.23

20.85

87.14

10.55

*DUoS saving if in ‘Triad Season’ (£)

2,788

2,502

10,457

1,266

*DUoS saving if conducted all year (£)

8,456

7,610

31,719

3,851

Total tariff reduction during ‘Triad Season’ (%)

78

95

37

78

Net Energy Change due to load shed (kWh)

+56.6

-115

-1,217

-158.5

Carbon Emission Change per day (kgCO2e)

+19.90

-40

-427.85

-55.72

Carbon Emission Change per Triad Season
(kgCO2e)

+2,388

-4,839

-51,342

-6,686

Carbon Emission Change per year (kgC02e)

+7,244

-14,718

-155,737

-20,282

Total carbon change due to load shedding (%)

+4

-11

-11

-26

* DUoS ‘Red Band’ Charge £0.06384. Carbon Factor for Electricity 0.35156 kgCO2e

5. DISCUSSION
REDUCE shows load shedding has promising financial and environmental paybacks, with potential to
reduce peak period electrical load on the grid. Whilst REDUCE findings are restricted to three RSF of
differing sizes and temperatures, it offers scalability. Load shedding offers a simple solution to financial
and environmental challenges, making it of great interest. Little UK research exists on the effects of daily
load shedding on very short-term product temperature fluctuations. Future research must consider
potential of RSF for excess energy storage from the grid (such as renewables). Rather than shedding
energy, and making constraint payments, using constrained electrical energy to over-cool during high
generation periods, can reduce peak load requirements.
Observations from REDUCE show more investigation is needed on how PCMs and TES could improve
storage of energy in large facilities. Clear guidelines and regulatory documentation for RSF operators,
explaining acceptable fluctuations in temperature for specific products, duration and frequency are
needed. Control adaptations to reduce temperatures prior to a load shed, or, as in Facility 3 addition of
a maximum air temperature override, reduces risk to product in chambers. Better controlled sequencing
of evaporator fans could avoid stratification of air. Implications include advanced sequencing to avoid
defrosting during load shedding and the following hour (for example). Operators must consider timing
of product deliveries during load shedding periods to ensure maintenance of correct temperature.
Overall design of refrigeration plant and of entire operational management systems is extremely
important for successful load shedding with consideration for liquid refrigerant storage, and availability
of the necessary vessel size. Load shedding must take place at peak times and any resulting operating
issues could be costly as these often occur on start-up of the refrigeration plant, which for many
contractors is out of hours and charged at a higher rate.

6. CONCLUSIONS
REDUCE contributes to understanding the effects of load shedding on energy consumption, product
temperature and carbon emissions in RSF and to industry confidence in load shedding. It is important,
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because there is no relevant, published UK data, despite various bodies acknowledging load shedding
takes place. Scaled up savings show huge reductions in peak electrical tariffs, reductions in carbon
emissions and reduced peak demand on the electrical grid. Incorporating load shedding can help
balance the grid, but with little evidence on effectiveness, benefits, savings and pitfalls. REDUCE’ results
show load shedding has great potential for RSF operators, reducing financial operating costs to
consumers, as well as overall energy and carbon consumption. Product temperatures in all facilities
remained within their defined tolerances. While the concept of load shedding is relatively simple there
are many pitfalls. The REDUCE project has found many areas of discussion and practical issues
associated with load shedding. Expert consideration of overall management of individual variations in
facilities is needed. For example, in our field study we found that floor condensation is an issue to be
considered in chill stores. Further work is urgently required to better understand the amount of current
RSF in the UK; the total energy consumption of RSF; and to verify the DBEIS estimated consumption
data. A load shedding regulatory document for operators would be extremely beneficial and could help
enormously with UK uptake of load shedding. Expertise in load shedding in RSF can contribute to global
energy solutions.
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ABSTRACT
Synthetic refrigerants have been widely used in small industrial refrigeration applications. The phase
down of high global warming potential refrigerants is underway across the world as part of the
agreement to tackle climate change. This provides an opportunity for the use of natural refrigerants
such as ammonia and carbon dioxide.
This paper looks at the use of both ammonia and carbon dioxide for small industrial refrigeration
applications. It discusses refrigerant and system selection and key criteria including safety, energy
efficiency, cooling capacity and capital cost. Two examples are provided for spiral freezing and
temperature controlled storage applications. Small capacity applications are defined as ranging from
60kW up to 300kW and temperatures from -40°C to +12°C. The use of ammonia and carbon dioxide
in cascade is also discussed.
Keywords: Refrigeration, Carbon Dioxide, Ammonia, Cascade, Efficiency, Temperature Controlled
Storage, Spiral Freezer.

1. INTRODUCTION
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The f-gas Regulation (EU) 517/2014 is part of Europe’s commitment to reducing greenhouse gas
emissions. The 2014 update to Regulation (EU) 842/2006 sets out a phase down timetable for the
placing of global warming hydrofluorocarbon (HFC) refrigerants onto the market. Fig. 1 shows how
this phase down is measured based on tonnes of carbon dioxide (CO2) equivalent compared to 2009
to 2012 average consumption.

Figure 1. Phase down timetable for availability of global warming refrigerants

The phase down began in 2016 with a 7% reduction in consumption and was followed by a further
30% cut in 2018. There is also a ban on the use of new refrigerant with a global warming potential
(GWP) greater than 2,500 for servicing equipment from 1st January 2020.
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A consequence of this phase down timetable has been a steep rise in the cost of high global warming
refrigerants including R404A and R507. Typical increases in the market prices of several popular
gases between 2016 and 2017 are shown in Table 1.
Table 1. Refrigerant Price Increases

Refrigerant GWP

Average supplier price increase
February 2016 – December 2017

R134a

1430

320%

R422D

2729

532%

R404A

3922

1146%

In addition to the increase in refrigerant prices, there has been concerns over availability, with
manufactures indicating the end of production of some high GWP gases and limiting production of
others. Lower GWP synthetic alternatives are available in response to the HFC phase down as can
be seen from Table 2. An array of fluids are also under development and subject to field trials by the
refrigerant manufacturers.
Table 2. Lower GWP Refrigerants

Refrigerant
R448A
R449A

Components
Composition % by weight
R32/R125/R134a/R1234ze
26/26/21/7/20
/R1234yf
R32/R125/R1234yf/R134a
24.3/24.7/25.3/25.7

Safety Class

GWP

A1

1387

A1

1397

R-450A

R134a/R1234ze

42/58

A1

547

R-452A

R32/R125/R1234yf

11/59/30

A1

2141

R-454A

R32/R1234yf

35/65

A2L

239

R454B

R32/R1234yf

69.9/31.1

A2L

466

R-454C

R32/R1234yf

21.5/78.5

A2L

148

R-455A

R32/R1234yf/R744

75.5/21.5/3

A2L

145

R513A

R1234yf/R134a

56/44

A1

631

Many of these are blends of HFC and hydrofluoro-olefin (HFO) fluids and their development has
been a compromise between GWP and flammability in order to achieve similar operating pressures
and temperatures to the refrigerants they are replacing (Lamb, 2016). The majority of non-flammable
synthetic refrigerants have a GWP greater than 1,000 and are intermediate refrigerants rather than
long-term solutions. Those with GWPs lower than 1,000 typically fall into the ISO817:2014 Safety
Classification of 2L, lower flammability. This is the same category as ammonia and requires
additional safety measures to be implemented relating to gas detection and ventilation.

2. NATURAL FLUIDS FOR SMALL CAPACITY INDUSTRIAL APPLICATIONS
The use of ammonia in large capacity industrial refrigeration applications has been common for more
than 100 years. In the past 20 years, there has been a growth in the use of carbon dioxide across
Europe for retail applications. Large industrial applications for temperature controlled storage
(Pearson and Cable, 2003) and food freezing (Blackhurst, 2002) have used both fluids in cascade.
For smaller capacity industrial applications up to 300 kW, the choice of refrigerant for new
installations is less clear, particularly for medium to low temperatures. Following the phase out of
ozone depleting refrigerants under the Montreal Protocol, HFCs such as R404A have been widely
used, with ammonia viewed as being too expensive. However, the f-gas phase down means that
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high GWP synthetic fluids are no longer a viable solution for those wanting to invest in equipment
for 15 to 20 years. This has seen increased interest in carbon dioxide as it uses similar components
and materials to HFCs, albeit at higher operating pressures. The use of ammonia for smaller
applications has also become more widespread, helped by a reduction in refrigerant charge and
price per kilowatt through the introduction of low charge, packaged systems. Both fluids provide longterm certainty, as they are not subject to phase down. This has resulted in the use of both fluids in
applications where HFCs would previously have been used, despite there being an increase in
capital cost.

3. CARBON DIOXIDE FOR SPIRAL FREEZING
A UK pizza manufacture had a 202 kW cooling requirement for a new spiral freezer installation.
Historically, they would have selected an HFC refrigerant for this capacity but were aware of the
phase down and wanted to invest in a solution with 20 years’ life expectancy. The operator also had
concerns over the use of ammonia inside the factory space due to its toxicity and flammability.
3.1 Two-Stage, Transcritical Carbon Dioxide Freezer System
An alternative two-stage carbon dioxide solution shown in Fig. 2 has semi-hermetic reciprocating
compressors for the subcritical and transcritical stages. Limitations in swept volume mean that three
are required for both stages to achieve the 202 kW cooling capacity. The gas cooler is designed to
achieve a 3 K approach between the ambient air and vapour outlet temperature during transcritical
operation. The gas is then reduced to an intermediate pressure before entering an interstage vessel.
Intermediate pressure liquid flows from this vessel to the tube side of a shell and tube heat exchanger
that forms part of the low pressure receiver (LPR) vessel. Here it exchanges heat with low pressure
liquid on the shell side and is subcooled before expansion and entering the spiral freezer evaporator.
The majority of liquid boils but a small amount (around 5% by weight) remains at the evaporator
outlet and separates in the LPR vessel. Any liquid overfeed evaporates through heat transfer with
the intermediate pressure liquid in the sub cooler and the vapour flows to the low stage compressors
(LS COMP). A suction to liquid heat exchanger (SUC/LIQ HX) superheats the vapour before it enters
the compressor using heat from the intermediate pressure liquid. A coil inside the interstage vessel
cools discharge gas from the low stage compressor before it mixes with the ‘flash gas’ from the same
vessel and enters the high stage compressors (HS COMP).

Figure 2. Simplified Schematic of Two-Stage CO2 Refrigeration Plant

This low pressure receiver principle was developed using R502 for cold storage systems before
being adapted for R22 and ammonia (Pearson, 1996). It delivers flooded evaporator performance
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without the need for a recirculation pump, reducing the refrigerant charge by around 80%. It
eliminates the need for superheat at the evaporator outlet (required in direct expansion systems)
and this enables a closer temperature approach, typically 6 K. For CO2 applications, the LPR vessel
provides a useful storage and expansion space, avoiding the need for a separate refrigeration
system to maintain system pressure during stand still conditions.
Although the system is designed to operate at freezer conditions, it has the flexibility to run at higher
air temperatures for chilled product. A bypass valve diverts vapour from the LPR around the low
stage compressors and directly into the high stage compressors. This operation is also used during
pull down at the start of production.
The compressors, pressure vessels, electrical panel and control valves are mounted, wired and
insulated on a factory built package, reducing site installation time. The package can be installed in
a plant room or outside in a weatherproof housing. The gas cooler can be mounted on the package
or located remotely depending space availability. Connections are also included for the addition of a
CO2 to water heat exchanger at the outlet of the gas cooler. This can extract waste heat to generate
hot water for use in the production facility.
3.2 Comparison of Compressor Performance for R407F, Ammonia and Carbon Dioxide
Design conditions for the spiral freezer application were 202 kW at a -40oC saturated compressor
suction and ambient dry bulb air temperature of +32oC. Table 3 shows compressor coefficient of
performance (COP) at this condition and an average ambient temperature of +10oC. It assumes an
intermediate temperature of -5oC for the two-stage CO2 system. This is compared with an air cooled,
direct expansion R407F system and a low charge, air cooled ammonia package solution using low
pressure receiver technology with low evaporator overfeed. Both the R407F and ammonia systems
assume the use of single stage, economised screw compressors.
Table 3. Comparison on Compressor Performance for R407F, Carbon Dioxide and Ammonia

Refrigerant
Carbon Dioxide
R407F
Ammonia
Cooling Capacity (kW)
202
Ambient Temperature (oC)
32
10
32
10
32
10
Condensing Temperature (oC)
35*
19.5
46.6
24.5
44
22.1
Absorbed Power (kW)
192
120
262
111
180
111
Coefficient of Performance (COP)
1.05
1.69
0.77
1.82
1.12
1.82
Annual Compressor Energy Cost (£) 76,800 48,000 104,800 44,400 72,000 44,400
*Gas cooler off temperature during trans-critical operation
At the design condition, the two-stage CO2 solution has a 6.3% lower efficiency than ammonia but
is 36% higher than R407F. It is assumed that all three systems are designed to float condensing
pressure with changes in ambient conditions and that none will operate at the design condition for
the majority of the year. The data in Table 3 assumes that the systems will maximise use of available
condenser surface area to minimise condensing pressure and optimise system performance. At an
average ambient condition of +10oC the carbon dioxide system operates subcritical with a
condensing pressure of 19.5oC. The lower ambient temperature improves performance across all
three systems and results in identical theoretical compressor performance for R407F and ammonia.
In reality, direct expansion will operate at a lower evaporating temperature of between 2 K and 5 K
to ensure the necessary superheat at the evaporator outlet. This will reduce compressor
performance by around 4% and 10% based on a 2% reduction in COP per 1 K fall in evaporating
temperature. Carbon dioxide requires 8.1% more compressor energy for the same suction condition
as ammonia when using the low pressure receiver design.
The refrigeration plant is to operate for around 4,000 hours per year and an estimate for the
compressor electrical cost at both the design and average ambient condition is shown in Table 3.
This assumes an energy cost of £0.10 kWhr-1. Compressor performance for ammonia at the design
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conditions indicates a £3,600 benefit in running costs compared to CO2. It is expected that CO2 will
deliver a small energy improvement over R407F when accounting for the lower evaporating
temperature necessary to achieve the evaporator outlet superheat required for the direct expansion
systems.
The increase in capital cost for ammonia for this project was estimated to be around £100,000
compared to both carbon dioxide and R407F. This results in a 28 years payback that, along with the
company’s health and safety concern, was not acceptable. Concerns over the medium term
availability and cost of R407F led the company to rule out this option.
Unlike ammonia and many of the recently developed A2L synthetic refrigerants, carbon dioxide is
classified as an A1 refrigerant. It is both non-toxic and non-flammable, reducing the health and safety
risk when used in a production environment. This was a significant factor in its selection for this
project and several others. In all cases, gas detection and ventilation to the plant room and spiral
freezer is design in line with the EN378 to avoid the risk of asphyxiation in the event of a leak.
The two-stage, transcritical CO2 package was installed in 2018 and has been in operation for more
than 12 months. It is located in a dedicated plant room inside the factory and within 10 m of the spiral
freezer. This has helped lower refrigerant charge and reduce suction pressure drop to 1 K, benefiting
efficiency by around 2%. The gas cooler is remote to the packaged unit and located externally at
ground level.

4. AMMONIA AND CARBON DIOXIDE FOR TEMPERATURE CONTROLLED
STORAGE
A UK retailer wanted to retrofit refrigeration into an existing warehouse that required 1170 kW and
60 kW of cooling for the chill and freezer areas, respectively. The preference was to use natural
refrigerants and previous facilities had used pumped recirculation ammonia systems to both chill and
freezer chambers. Recent health and safety concerns relating to large ammonia charges and leaks
at some facilities led to the consideration of an alternative option based on ammonia with secondary
glycol for the chill and CO2 for the freezer.
An initial lease period on the facility of only five years meant that capital cost was of particular
importance and the company wanted to invest in a solution that could be reused elsewhere in the
future if possible. The proposal was to use packaged ammonia chillers to cool a secondary glycol
and circulate this to the chill areas, satisfying the need for low ammonia charge. The resulting 300kg
total charge (0.26 kg kW -1) for the entire warehouse is less than 15% of what would be required for
a pumped recirculation system of the same capacity. The packaged chiller design also means that
they could be easily relocated elsewhere within the operator’s estate at the end of the lease period.
A simplified schematic of the chiller circuit is shown in Fig. 3 and includes two reciprocating
compressors with variable speed drive motors, an air cooled condenser with EC fans and flooded
plate and shell evaporator with integrated separation space to avoid the need for a surge vessel.
Lamb (2016) describes how this chiller design delivers improvements in European Seasonal Energy
Efficiency Ratio (ESEER) of 36% when compared to a previous generation of chiller using fixed
speed screw compressor technology.
A recent study (Evans et al., 2013) looking at the energy performance of temperature controlled
warehouses included surveys of more than 300 stores and data from a further 500 facilities. Fig. 4
shows how energy consumption varies with store volume for chill, frozen and mixed temperature
facilities based on lines of best fit for all the data collected. It is not clear in many cases as to whether
data relates to just the refrigeration plant or the entire site but it is generally accepted that
refrigeration typically represents around 70% of a site’s total energy consumption. Variation in data
from the study suggests that there is likely to be little variation in the specific energy consumption
curves based on the power meter location. An additional data line is also shown based on a UK
study carried out by the Energy Technical Support Unit in 1994 (ETSU, 1994). Both studies show
that specific energy consumption can vary between 30 kWhr m-3 yr-1 and 64 kWhr m-3 yr-1 depending
on the application and store volume.
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Figure 3. Schematic of Air Cooled Package Chiller

Figure 4. Specific Energy Consumption Curves for Temperature Controlled Warehouses

Energy data taken from two recent facilities using the low charge packaged chillers described above
have indicated specific energy consumption of between 10 kWhr m-3 yr-1 and 15 kWhr m-3 yr-1. The
chamber volume for these projects was 58,500 m-3 and 224,666 m-3, respectively. Both sites are
operating significantly below the curves in Fig. 6, with energy consumption running between 25%
and 50% of the European average. This demonstrates the chiller’s efficient design and operation.
4.1 Subcritical Carbon Dioxide Cold Store Refrigeration Package
The cold store operates at -23oC and is designed with a subcritical carbon dioxide package. Fig. 5
shows a simple schematic of the system, including its integration with the chill store glycol cooling
circuit for heat rejection. It uses the same low pressure receiver technology described earlier and
has two, single stage reciprocating compressors to satisfy the 60kW cooling requirement. Two CO2
to glycol condensers ensure cooling to the freezer is maintained in the event that one condenser is
out of operation. There are two evaporators in the freezer chamber, each with electric defrost.
This design provides flexibility in terms of its physical location as it can be connected into any part
of the glycol circuit. This is of particular benefit in facilities where one or more cold stores are located
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across the facility. It also avoids long runs of pipework and electrical cabling from the plant room to
the evaporators and helps minimise refrigerant charge.

Figure 5. Subcritical Carbon Dioxide Cold Store Refrigeration Package

4.2 Comparison of Subcritical Carbon Dioxide with Single and Two-Stage Transcritical
Table 5 details a comparison of performance of this subcritical CO2 design with single and two-stage
transcritical systems. The additional glycol pumping power needed to reject heat from the subcritical
unit to the chiller is assumed negligible and omitted from all calculations. Total package power
consumption inclusive of gas cooler fans is included, along with performance data for the packaged
ammonia chillers. The additional chiller capacity required to remove the subcritical systems heat of
reaction is excluded from the total system COP calculation as it is non-useful cooling but the electrical
energy is included. Estimations of energy consumption are made for the +32oC design condition and
an average ambient temperature of +10oC. To account for seasonal variations in cooling load, it is
assumed that the freezer and chill cooling capacities are 50% of design at the +10oC ambient
condition. The chiller design glycol flow and return temperatures are -7oC and -2oC, respectively and
the CO2 subcritical unit’s condensing temperature remains constant at +0.5oC. Floating heat
pressure control and optimum use of the available condenser surface area are assumed in all cases.
The subcritical CO2 system coefficient of performance (COP) is higher than both transcritical systems
at the design and average ambient conditions. However, when accounting for the additional chiller
energy necessary to reject its heat to atmosphere, the total system COP (CO2 and ammonia) of all
three systems are within 2.2% of each other for the design ambient condition. The two-stage
transcritical solution consumes the lowest energy at 433.8 kW compared to 437.5 kW and 444 kW
for the subcritical and single stage systems, respectively.
Calculations at the average ambient condition indicate almost identical total system COPs for the
subcritical and single stage systems and a 2% improvement with the two-stage solution. Despite the
transcritical systems having similar COPs, their energy consumption is 1.5 kW to 3.2 kW higher,
respectively resulting in long term energy savings when using the subcritical solution.
There are also capital savings for the subcritical system of between £10,000 and £20,000 compared
to single and two-stage packages, respectively, which further strengthen the case for its use.
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Table 5. Comparison on Subcritical and Transcritical Freezer Carbon Dioxide Solutions

Carbon Dioxide Solution
Freezer Cooling Load (kW)
Ambient Temperature (oC)
CO2 Condensing Temperature (oC)
Absorbed Power (kW)
Coefficient of Performance
Chill Cooling Load (kW)
Total Chiller Cooling Load (kW)
Chiller Condensing Temperature (oC)
Total Chiller Consumption (kW)
Ammonia Chiller COP
Total System COP

Subcritical
60
30
+32
+10
+0.5
+0.5
14.3
6.2
4.21
4.81
1119
560
1193
596
+42.7
+19.6
423.2
83.7
2.83
7.12
2.70
6.32

Single Stage T/C
60
30
+32
+10
+34.0
+13.3
53.2
14.2
1.13
2.11
1119
560
1119
560
+42.0
+19.0
390.8
78.9
2.86
7.09
2.66
6.33

Two Stage T/C
60
30
+32
+10
+34.0
+14.8
43.0
12.5
1.40
2.40
1119
560
1119
560
+42.0
+19.0
390.8
78.9
2.86
7.09
2.72
6.45

5. CONCLUSIONS
The phase down of HFC refrigerants under the f-gas regulation in Europe is resulting in operators
moving to natural solutions using ammonia and carbon dioxide for small industrial applications.
Carbon dioxide systems using single and two-stage compression can provide cost effective, long
term alternatives to HFCs for medium to low temperature applications. Energy efficiency is typically
greater than HFCs at design conditions and similar at average ambient conditions for the UK.
Ammonia delivers the highest efficiency but concerns over toxicity, flammability and cost mean that
it is not suitable for some operators and applications.
Low pressure receiver technology previously developed for R502, R22 and ammonia has been
successfully adapted for use with CO2 in spiral freezing and cold storage applications. This can be
either as an independent system or in cascade with glycol and ammonia chillers. The resulting
solution has no detriment to operating efficiency and can be located local to the point of cooling.
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ABSTRACT
Data was collected on temperature control and energy consumption of domestic refrigerators in the
home. Data from the survey was extracted to compare the performance of the refrigerators in the
home with performance in a test environment.
Due to differences in internal and external appliance temperatures between laboratory and home
data, the energy measured in the home was normalised to enable direct comparison between
laboratory and home energy consumption. Overall without normalisation 61% of appliances
consumed more energy in the home than the laboratory. After normalisation this value was
increased to 85%. The rank order of energy use was also assessed and found to vary considerably
between the laboratory and the home (irrespective of whether energy consumption was normalised
for temperature effects). The reasons for the differences in energy use are discussed and
suggestions made to provide consumers with a more transparent method to assess performance
of refrigerated appliances in their homes.
Key words: Survey, Domestic refrigerators, Domestic freezers, Energy consumption, Laboratory
testing

1

INTRODUCTION

Worldwide there are around 1.4 billion domestic refrigerators and freezers each of which are
claimed to consume on average 453 kWh of energy per year (Barthel and Götz, 2012). This
amounts to a total worldwide energy use of 649 TWh annually which according to the IEA equates
to almost 4% of global electricity (IIR, 2015). The worldwide market for appliances is expected to
increase. Barthel and Götz (2012) state that worldwide a 27% increase in cold appliances is
expected by 2020 and that this will increase to 62% by 2030.
Improving the energy efficiency of refrigerators and freezers has a significant impact on future
electricity consumption. A number of countries and areas have applied methods to reduce energy
consumed by refrigerated appliances through the application of energy labelling and/or MEPS
(minimum energy performance standards). The EU applied MEPS and energy labelling in 1993
and since that time the MEPS have been reduced. When labels were first introduced no appliances
were labelled better than A. By 2011 all appliances were better than A rated and some had
reached A+++ (Waide, 2011).
There is substantial information on energy used by domestic refrigerators under test conditions as
all domestic refrigerators in Europe are energy labelled. In Europe most testing in laboratories is
carried out to EN 62552:2013 (Household refrigerating appliances - Characteristics and test
methods) and this standard is used for energy labelling of appliances. A more recent test standard;
IEC 62552:2015 (Household refrigerating appliances - Characteristics and test methods) exists
which is likely to be used in the future for energy labelling. Both tests require appliances to be
tested in a specific test room with controlled ambient temperature and air flow. In the EN
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62552:2013 the freezer and chiller section of appliances is loaded with a simulated load consisting
of ‘tylose’ test packs. The food storage section (refrigerated section that operates between 0 and
8°C is not loaded and temperatures are measured at 3 positions in the vertical centre of the
compartment using temperature sensors that are ‘damped’ by insertion into brass blocks. In the
IEC 62552:2015 standard test for energy consumption none of the compartments are loaded and
all temperature measurements is carried out using temperature sensors inserted into brass blocks
or 500 g blocks of simulated food. None of the energy tests simulates usage of the appliance as
appliance doors remain closed during the tests and the appliances are not loaded or used as they
would be in the home. These tests therefore do not replicate real usage. Ideally testing should
provide the consumer with some indication of how much energy an appliance should use in the
home.
Although there is substantial information on performance of domestic appliances in test
laboratories there is minimal information on whether tests carried out in a test room reflect
performance of refrigerators in the home. Authors such as Bansal (2003) consider that a more
lifelike test should be carried out but evidence also suggests that the test regime is a good
estimate of usage in the home (MTP, 2007; Sidler et al., 1998). Real operating conditions of
appliances are difficult to test in the laboratory since the behaviour of householders is quite varied.
For example little information is available on the number of times appliance doors are opened, the
types and temperature of the food placed in the appliance and the ambient temperature where the
appliance is installed which does not remain constant over time. Several research activities have
been carried out in order to evaluate the effects of operating conditions on the energy consumption
of domestic refrigerated appliances. Meier (1995) found that the energy used by similar
refrigerators varied widely in consumers’ homes and that this was primarily due to ambient
temperature and door openings whereas ambient humidity had a relatively minor impact on energy
consumed.
As consumer usage of appliances is known to be extremely variable it is probably unrealistic to
expect a test to be able to perfectly predict accurately usage in the home. However, it would be
reasonable to expect that the best performing appliance in a test should also be the best
performing in the home. This then means that if a consumer purchases a product with claimed low
energy consumption (in a laboratory test) it should also have low energy when used in the home.
The aim of this work was to determine whether a laboratory test provides a reasonable
assessment of usage in the home. Information on appliances was collected from a recent large
scale survey in the UK (Gemmell et al, 2017; Biglia et al, 2018). The survey involved around 1,000
domestic refrigerators and freezer appliances. During the survey the following data were
monitored: (1) ambient temperature of the room where the appliance was installed, (2) internal
compartment temperature in the appliance compartments and (3) power consumption.
Householders were also questioned about the management of their appliance in respect of door
openings, quantity of food loaded in the appliance and shopping habits. Appliance models were
also recorded in order to obtain information on storage volume and the energy label for the
appliance. Results of the work are analysed to assess the relationship between performance in a
test facility and the home.

2
2.1

METHOD

Trial design

A large-scale survey was conducted across England in which 998 cold appliances were monitored
in 766 properties (Biglia et al, 2018). Data was collected over a period of 9 months, from March to
November 2015. Simultaneous measurements of the temperature inside and outside of the cold
appliances, as well as the electricity consumption were taken over a period of seven days. The
cold appliances monitored in the work survey included: (1) Fridge-freezers; (2) Refrigerators with
an ice-box; (3) Larder fridges; (4) Chest freezers and (5) Upright freezers.
Data and information on appliances were collected by interviewers. On the first visit to each
property the interviewers installed the monitoring equipment and obtained information about each
appliance. One week later they returned to remove the equipment and data was downloaded ready
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for analysis. The appliances were monitored for seven days to ensure the data reflected the
performance of the cold appliances as accurately as possible.
The temperatures both inside and outside the appliance were monitored using TinyTag Transit 2
data loggers with a monitoring range of -40°C to 70°C, a reading resolution of 0.01°C and a
reading accuracy of <0.8°C between -40-0°C, and <0.4°C between 0-50°C. One data logger was
placed on the middle shelf of each appliance compartment in a plastic bag and one was attached
to the outside of the door of the appliance.
The electricity consumption data of each cold appliance was collected using a Watts Up PRO
monitor and data logger with an accuracy of +/- 1.5%. Each appliance was connected to the data
logger, which itself was plugged into the wall socket. The electric power in Watts was monitored
every 30 seconds for the period the appliance was plugged in.
Only complete data sets where appliance volume and information on the manufacturers claimed
energy use could be used in the analysis to compare real life versus laboratory performance. This
reduced the data set to 124 appliances (around 12.4% of the total data set). Table 1 presents the
numbers of each type of cold appliance with valid monitoring data.
Table 1: Numbers of cold appliances in the survey

Appliance type
Fridge-freezer
Larder refrigerator
Upright freezer
Chest freezer
Refrigerator with ice-box freezer
TOTAL

2.2

Total number in
survey
524
145
186
86
57
998

Number available for
analysis
79
18
18
7
2
124

Analysis of data

Data were analysed to determine whether there was any relationship between energy used in the
survey and the energy usage claimed by manufacturers (measured in a test laboratory).
A direct comparison between energy used in a laboratory and in the home is not necessarily fair. In
particular the temperature performance of the appliance may vary when assessed in the laboratory
and the home. In the laboratory (using EN 62552:2013) the energy consumption is assessed in an
ambient of 25°C and at an average internal temperature of 4°C for the fresh food compartment and
≤-18°C in the freezer. A temperature normalisation was carried out to enable direct comparison
between appliances. Fresh food compartments were normalised to 4°C, freezer compartments to
-18°C and ambient temperature was normalised to 25°C using Eq. (1)
(Eq 1)
𝐸" = 𝐸 ∙ 𝑓"
where 𝐸" is the normalised energy (kWh per year), 𝐸 is the monitored energy (kWh per year) and
𝑓" is the normalisation factor, which in case of fridge-freezers and refrigerators with an ice-box was
defined as
𝑇'(,*+, − 𝑇.
𝑇
− 𝑇.
+ (0,*+,
𝑇'( − 𝑇.
𝑇(0 − 𝑇.
𝑓" =
2

(Eq 2)

while for larder fridges, chest and upright freezers it was defined as
𝑓" =

𝑇'(,*+, − 𝑇.
𝑇'( − 𝑇.

or 𝑓" =

𝑇(0,*+, − 𝑇.
𝑇(0 − 𝑇.

(Eq 3)

where 𝑇'(,*+, is the fresh food standard and recommended internal temperature (4°C), 𝑇(0,*+, is the
freezer standard and recommended internal temperature (-18°C), and 𝑇. is the test laboratory
ambient temperature (25°C), 𝑇'( is the monitored mean refrigerator internal temperature and 𝑇(0 is
the monitored mean freezer internal temperature. Based on an analysis of the models examined
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an assumption was made that the compartments in fridge-freezers were of approximately similar
volume.

3
3.1

RESULTS

Energy used in the home versus energy used in the laboratory before
normalisation

The annual energy claimed by the manufacturers in a test laboratory versus the annual energy
used in the home is compared in Figure 1. It can be seen that there was considerable variation
between the energy used in the laboratory and the home. In terms of the percentage differences
between what was claimed by the manufacturers and what was measured in the home; 60.6% of
appliances used more energy in the home than they did in the laboratory.

Figure 1: Energy claimed by manufacturers versus energy used in the home (non-normalised data)

If differences between energy measured in the home and in the laboratory occur this would be less
significant if the rank order of energy consumed did not change. The consumer would then only be
misled on the actual energy the appliance used but the best appliance in the laboratory would also
be the best performing appliance in the home. Figure 2 shows the rank order for each appliance
type in the laboratory and in the home. It can be seen that considerable differences occurred
between the rank order in each situation.
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Figure 2: Rank order of energy used by appliances in the laboratory and the home (non-normalised)

3.2

Energy used in the home versus energy used in the laboratory after
normalisation

When the energy measured in the home was normalised to the same internal and ambient
temperatures as in the laboratory this had a significant effect on results with the main effect being
to increase energy consumed in the home. This was primarily due to the ambient temperatures in
the survey being in most cases less than the temperature in the laboratory test (25°C). The mean
ambient temperature in the survey for the appliances analysed was 18.9 ± 2.6°C (Biglia et al,
2018). Some differences in energy use after normalisation were also due to internal appliance
temperatures. However, these had less impact as before normalisation mean refrigerator
temperatures were 4.6 ± 2.3°C and mean freezer temperatures were -20.4 ± 4.4°C (Biglia et al,
2018).
Figure 3 shows the comparison between energy used in the laboratory versus that measured in the
home after the data was normalised for temperature differences. Overall 85% of appliances used
more energy in the home than in the laboratory.

Figure 3: After normalisation for temperature: energy claimed by manufacturers versus energy used
in the home
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The impact of the normalisation on rank order of the energy used by the appliances is shown in
Figure 4. Normalisation marginally improved the correlation between rank order in the laboratory
with rank order in the home.

Figure 4: Rank order of energy used by appliances in the laboratory and the home (normalised)

3.3

Energy used by similar appliance models

Within the survey population there were a limited number of replicate appliance models. The
normalised energy consumed by these appliances was compared to assess the impact of the
same appliance operating in different households. Figure 5 shows the results from 40 appliances
divided across 9 appliance models. In almost all cases the appliances used more energy in the
home than had been measured in the laboratory. The results indicate that on occasions the energy
used by an appliance in different homes was quite similar. Conversely differences in the energy
consumed by the same appliance model could also vary widely, by often as much at ±100%. This
indicates that usage in the home has a significant impact on energy consumption.

Figure 5: Energy used by the same appliance model in different households
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4

DISCUSSION AND CONCLUSIONS

Reducing energy consumption is a major policy driver for many governments. To be able to
accurately identify the best performing domestic refrigerated appliances is an important aspect of
developing policy and encouraging consumers to purchase the most efficient appliances. This work
indicates that although there has been an increased uptake of ‘A’ rated and better appliances since
2000 this may not necessarily be reducing energy consumption as much as policy makers
anticipate.
It is not surprising that the energy consumed by domestic appliances can vary. However, it seems
reasonable to expect that any laboratory test should provide a reasonable average indicator of
energy used in the home. This was shown not to be the case as on average energy used in the
home was on average 19% higher in the home than the laboratory.
The difference between laboratory and home energy consumption would be less of an issue if the
rank order of the energy used by appliances was similar in both environments. Although
consumers would not have an accurate indication on how much energy an appliance uses they
would be able to identify the lowest energy consuming option. An analysis of the rank order of
appliances in laboratory and home use demonstrated that the rank order was extremely variable.
Even when the same appliance model was compared across several households there were often
differences in energy use of over 100%. This would indicate that although the laboratory test tends
to under estimate the energy consumed in the home that it would be challenging to develop a
comprehensive laboratory test that reflected the range in real life usage accurately. Further work is
required to better understand how consumer usage of appliances affects energy use. This could
lead to more realistic laboratory tests that provide more accurate information on performance of
appliances to householders. This should ideally provide a means to ensure that appliances
identified as being energy efficient in the laboratory are also efficient when used in the home. It is
suggested that such a test for energy consumption should include some form of usage such as
door openings or food temperature reduction that better mimics the way consumers use
refrigerated appliances in the home.
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ABSTRACT
Open fronted retail display cabinets for chilled food are prone to infiltration of warm and moist
ambient air. This increases the heat loads on the cabinets, reducing energy efficiency and ability
to maintain temperature control. Air curtains are employed to form a barrier to infiltration but are
typically limited in their effectiveness. Adding doors can curtail a considerable proportion of the
infiltration depending on door opening frequency.
This paper describes ISO23953 test room measurement of the impact of retrofitting doors to a
typical open fronted display cabinet. The open fronted cabinet was found to maintain test pack
temperatures between 7.4 and -1.0°C (M2 classification with rounding applied) and consume 46.9
kWh/m2. Fitting doors to the same cabinet reduced the temperature span to between 3.6
and -1.0°C (M0 classification) and energy consumption to only 51.5% of that used by the open
cabinet. Further adjustments were made to raise the maximum pack temperature to a value
similar to the open cabinet and the resultant temperature span was between 7.2 and 3.4°C (M2
classification with rounding applied) and energy consumption only 39.4% of that used by the open
cabinet.
Key words: Retail display, temperature control, energy consumption, doors, retrofitting

1

INTRODUCTION

Supermarket energy consumption is widely reported as being comparatively high, with typical
energy intensities being almost double those of other buildings (Mukhopadhyay and Haberl, 2014).
Published energy consumption indices for supermarkets vary depending on factors such as
location and store size. Foster et al (2018) reported a mean specific energy consumption (SEC) of
566 kWh.m2.year-1 based on electrical energy consumption and sales floor area, for one UK
retailer. This rose to 759 kWh.m2.year-1 when gas was included. From other studies (van der Sluis
et al., 2015, Tassou et al., 2011) the SEC varied from 407 to 1700 kWh.m 2.year-1 based on
electrical energy consumption.
The vector for most of this energy is electricity, and consequently supermarkets are the most
electricity-intensive type of commercial building. Energy efficiency is therefore increasingly of
concern to supermarket owners and facility managers (Lindberg 2014).
A large proportion of the energy is used for storage and display of refrigerated food, for which
refrigeration typically accounts for between 40 and 60% of the total electricity used in supermarkets
(e.g. Axell and Lindberg, 2005 and Evans, 2014), with the remainder being split between Heating
Ventilation and Air Conditioning (HVAC), food preparation and lighting. As the different systems
interact with each other, it is not always easy to calculate and separate the impact of individual
factors. Nevertheless, measures which reduce the energy used by the refrigeration system are
likely to have the greatest impact on total supermarket energy consumption.
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Prepared food and groceries such as meat, dairy, fruit and vegetables make up a large part of the
sales of refrigerated food in supermarkets. Such products must be stored and displayed at chilled
temperatures as they are perishable and sensitive to temperature abuse. The refrigerated
cabinets used for display are often open-fronted, with no physical barrier between the customer
and the food. While perceived to be good for customer accessibility and hence sales, open-fronted
cabinets allow a large proportion of the refrigerated air to continually spill out and be exchanged
with warm store ambient air (Foster and Quarini, 2001). This imposes high heat loads on the
supermarket refrigeration systems, increasing their energy consumption.
The exchange of air also has other detrimental effects. Spillage of cold air into the supermarket
aisles reduces ambient temperatures in the aisles and can affect customer behaviour, tending to
reduce the time they spend in the relatively cold aisles. To counteract this, additional heating is
often required, resulting in further increases in energy consumption of the store. Warm moist air
entering the cabinets not only imposes heat loads, but also increases the need for defrosting.
Temperature control in the cabinets is more difficult, and large temperature differences between
different positions in the cabinets are common, as are differences over time resulting from the
impact of defrosts. The temperatures of food on display are consequently unstable and often
warmer than they should be. In the extreme, food quality and safety can suffer.
Open-fronted cabinets rely on fan-driven air curtains to form a barrier to the exchange of air but not
to customers, but they vary in their effectiveness and typically still allow considerable infiltration. A
far more effective means of reducing air exchange is to close the front of the cabinets using doors.
With adequate seals and correct fitting, doors can eliminate exchange completely, but of course
only while they are closed. During loading periods and access by customers, the doors will be
opened with varying frequency and for varying durations. The type of doors (sliding versus hinged)
also affect air exchange and effectiveness (Orlandi, 2013).
This paper reports the results of ‘before and after’ testing of an open fronted cabinet to which doors
were retrofitted by the manufacturer.
2

METHOD

A production model of an open fronted 2.5 m long chilled retail display cabinet was obtained from
its manufacturer. It was installed in an ISO 23953:2015 test room and connected to a remote
refrigeration plant running on R448A refrigerant. It was then loaded and tested at Climate Class 3
(25°C and 60% RH) according to the ISO 23953:2015 test standard (see Figure 1). The cabinet
was tested such that it did not control on set point from a temperature controller, but instead the
cabinet received refrigerant all the time and temperature was controlled by setting an appropriate
evaporating temperature of refrigerant. As the cabinet was not off-cycling due to thermostatic
control, the defrost (off cycle) was set to every hour to avoid icing of the evaporator.
The evaporating temperature was set to achieve the M2 temperature classification. It was not
possible to achieve a lower temperature classification, e.g. M1, due to the wide temperature range
of test packs in the cabinet during the test.
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Figure 1. Open fronted cabinet

On completion of the open fronted testing, the manufacturer installed double skinned plastic doors
which are typical of the manufacturer’s current type of retrofitted doors being installed in
supermarkets (see Figure 2). A door opening mechanism was attached to the cabinet in the test
room. Prior to the start of the 12 hour period of door opening, each of the four doors was opened
once consecutively for 3 min. During the 12 hour door opening period, each of the four doors was
opened consecutively at 6 minute intervals for 15 seconds.
Initial results with doors identified that the defrost termination temperature for the open cabinet was
excessive once doors had been fitted. Being an off-cycle defrost it was found that termination did
not occur based on temperature once the doors had been fitted, which meant that the defrost
terminated instead on the maximum defrost time setting. This was therefore reduced from 45
minutes to 14 minutes to match the off-cycle duration observed during the open fronted cabinet
defrosts.
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Figure 2. Cabinet with retrofitted doors

A first test of the doored cabinet found that the coldest packs reduced to less than -1.0ºC. As this
was outside of the M2 classification and below the freezing temperature of the packs, the
evaporating temperature was increased by 0.4ºC such that the coldest packs were at the same
temperature for both open and closed door tests. As the maximum pack temperature had reduced
considerably there was scope to achieve further energy savings, by increasing the evaporating
temperature further. A second test was therefore conducted with adjustment of the evaporator
saturation temperature to raise the maximum pack temperature to a value similar to that achieved
in the open tests, with the aim of maximising the energy savings.
A summary of the settings for the tests is shown below in Table 1.

Table 1. Control settings used in the tests
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3
3.1

RESULTS

Temperature performance

The maximum and minimum temperatures achieved during the tests are shown in Table 2 below.

Table 2. Temperatures during the tests

The open fronted cabinet narrowly achieved the temperature classification M2 with rounding to the
nearest integer (highest pack 7°C and lowest -1°C), as shown in Figure 3. With doors the cabinet
was able to achieve an M0 classification (highest pack 4°C and lowest -1°C) as shown in Figure 4.
When the maximum temperature was raised back up to that measured in the open cabinet to allow
further energy savings, the cabinet achieved M2 classification with a far smaller temperature span
between maximum and minimum temperature (see Figure 5).

Figure 3. Temperatures achieved during open fronted operation
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Figure 4. Temperatures achieved with doors added

Figure 5. Temperatures achieved with doors after adjustment of maximum temperature

3.2

Energy consumption

The energy consumed by the remote refrigeration system and the cabinet during the tests is shown in Table
3 below.

Table 3. Energy consumption during the tests
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Fitting doors reduced the daily energy consumption to 51.5% of the open cabinet consumption
while achieving the same minimum pack temperature (-1.0°C) and a greatly reduced maximum
temperature. When the maximum temperature was then raised to be close to that of the open
cabinet (7.2°C) the daily energy consumption reduced further to 39.4% of the open consumption.
3.3

Comparison with other test laboratory studies

For cabinets with well-fitted effective doors, the extent to which infiltration is reduced will depend
mainly on the door opening frequency and duration. The door opening regime used in the testing
was that defined in the EN23953:2015 test standard for the purposes of evaluating cabinet
performance, but this can differ markedly from real-life opening patterns. For the purposes of a
more direct comparison with the current results, the following test laboratory studies are therefore
more appropriate than results based on in-store trials.
Faramarzi et al, 2002 reported that in laboratory tests, retrofitted glass doors reduced the total
cooling load of a display case by 68%, and reduced the refrigerant mass flow by 71% with
consequent reduction of compressor power demand by 87%. These tests were however done
under slightly different conditions – the standard followed was ANSI/ASHRAE 72-183 with a
slightly different climate class (75°F and 55%RH) and a door opening regime of each door opening
every 12 minutes for 16 seconds during the whole 24 hour test period. For the door tests, an
additional fan was placed such that air was blown into the open doorways to simulate shopper
traffic – this would of course reduce the impact of the doors.
Lindberg et al, 2010 compared the performance of cabinets with and without doors in a test
laboratory. An open fronted cabinet was initially tested according to the then current ISO standard
test method for measurement of performance (EN ISO 23953:2005) in a test room operating at
22°C and 65% RH (Climate Class 2). The cabinet was refrigerated using an indirect propylene
glycol system and was operated with night blinds down during a 12 hour night period. Hinged glass
doors were then fitted and the cabinet was re-tested under 2 door opening regimes (the standard
10 or increased shopper simulation of 30 openings per hour of 6 seconds duration for 12 hours).
Both the standard and increased opening frequency differ from that in ISO 23953: 2015 as used in
the current tests. When tested with doors, additional lighting was added to the cabinet (3x 28W).
To maintain the same temperature classification for the cabinet it was possible to increase the inlet
heat exchanger temperature by 10 K when doors were fitted. Adding the doors reduced heat
extraction by between 61 and 66% during the day and by between 46 and 53% at night.
In another laboratory study, Atilio de Frias et al, 2015 reported comparison of a cabinet holding
packaged baby spinach, first open and then closed with retrofitted doors. Ambient conditions were
21°C +/-3°C and 60–70% relative humidity. Closed cabinet product temperatures were greater than
5°C for only 1% of the four-day test period, compared with 24% for the open cabinet. The range
between maximum and minimum temperatures was also reduced by up to 6 K, and at the same
time daily energy consumption was 69% lower. Interestingly it was reported that energy
consumption was the same for the doored cabinet when the doors were kept closed as it was
when they were opened according to ASHRAE standard 72-2014, with each door being opened
sequentially and fully opened 6 times per hour for 6 s for a period of 8 h.
4

DISCUSSION AND CONCLUSIONS

The reported series of tests confirmed the findings of previous studies that adding doors to open
fronted retail display cabinets is an effective way to improve temperature control and at the same
time reduce energy consumption. Doors can be added at the production stage or retrofitted in
most existing retail installations which currently have open cabinets. The findings help to reinforce
initiatives adopted by some but not all retail operators.
The temperature results suggest that in practice there may be different operating strategies when
retrofitting doors. Lower and more uniform temperatures can be achieved to improve food safety
and quality retention and possibly lead to less food waste, at the same time as reasonable
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reductions in energy consumption.
Alternatively, similar (but more uniform) maximum
temperatures can be achieved with even greater reductions in energy consumption.
The average evaporator temperature increased to above 0ºC in the doored test at the higher
temperature. This provides an opportunity to run the cabinet without the need for defrosts. In this
test the refrigerant had 5.9ºC glide, therefore, even though the average temperature was 0.5ºC,
the entrance to the evaporator would have been at -2.4ºC (bubble point). If a refrigerant without
glide was used, it may have been possible to run the cabinet without the need for defrosts.
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ABSTRACT
Frosting is a common phenomenon in refrigeration and frozen equipment, which degrades heat
transfer performance and leads to more energy consumption. This paper investigates the application
of hot gas bypass defrosting as an alternative to the electric heater defrosting method. The hot gas
from the discharge port enters the evaporator to melt the frost layer on the surface of the evaporator.
Experimental data indicate that more than 80% defrosting efficiency can be achieved. The defrosting
efficiency increases with thicker frost layer and larger bypassed flow rate. In the end, a defrosting
control strategy dedicated to medical refrigerator application is proposed.
Keywords: Medical Refrigerator, Hot Gas Bypass, Defrost, Defrost Efficiency.

1. INTRODUCTION
Frosts are inevitable in any vapor compression system with evaporating temperature less than the
freezing point of water. Many studies have shown that the heat transfer performance of the
evaporator degrades with frost accumulation (Seker et al., 2004). Therefore, it is essential to equip
defrosting devices. According to the latest Good Supply Practice (GSP) regulation in China,
refrigerating temperature should be maintained between 2~10°C, and the relative humidity
should be maintained between 35~75%. These simultaneous requirements for temperature and
humidity control brings more challenges for the defrosting device of such a medical refrigerator. To
date, most of the frost-free refrigerators use either internal air circulation defrosting or electrical
resistance heater defrosting. Among them, most of the heat from electrical resistance heater is
absorbed by metals of the evaporator and air, and only a minor portion is utilized to melt frost
(Knabben et al., 2010). In fact, only 30.3% of heat is effectively absorbed by the frost, while the
energy consumption of the refrigerator increases by 17.7% to compensate for the dissipated heat
(Bansal et al., 2010). Another study was carried out for a frost-free refrigerator with aluminium
distributed heater, and a similar 32% defrosting efficiency was achieved (Özkan et al., 2012).
Therefore, increasing the defrosting efficiency of electric heater is a key topic in domestic
refrigeration sector. By depositing the frost layer more uniformly, the defrosting efficiency was
improved by 29.8% (Li et al., 2017). Electric heater imposed by pulse current offers another way
to improve the efficiency by 15% (Yoon et al., 2018).
To maintain the temperature and humidity requirements according to GSP regulations, high
efficiency defrosting is necessary to reduce the defrosting duration and reduce the associated
temperature rise. In this paper, the applicability of the hot gas bypass defrosting method is
investigated for a medical refrigerator. The defrosting efficiency benefit is revealed, while the impacts
of frost layer thickness and bypass flow rate are discussed, before concluding with a proposed
control strategy for engineering application.

2. EXPERIMENTAL SETUP
2.1.

Principle

The schematic of the refrigeration system used in a medical refrigerator with hot gas bypass
defrosting loop is plotted in Fig. 1. The refrigerated volume is 360 liters. The ball valve is used to
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switch open or close of the hot gas bypass loop. The micro-metering valve (needle valve) adjusts
the bypassing flow rate, while the check valve prevents backflow of liquid refrigerant during the
normal operation process. When the system shifts to defrosting mode, the ball valve is switched to
open, while the evaporator fan is switched off. Meanwhile, most of the hot refrigerant from the
discharge port of compressor enters the evaporator and melts the frost layer through the bypassing
loop. When the defrosting process terminates, the system shifts back into normal refrigeration mode.
T-type thermocouples are used to measure the wall temperatures with uncertainties of ±0.5°C.
Pressures are monitored by pressure transducers. The temperature and relative humidity of the
refrigerated cabinet are monitored by three temperature and humidity data loggers (model: RCW800WIFI), which are located at the top, middle and bottom inside the cabinet, according to the
national industrial standard YY/T0086-2007. Averaged temperature and relative humidity are used.
Uncertainties are ±0.5°C and ±5%RH for temperature and relative humidity, respectively.

Figure 1: Schematic of the hot gas bypass defrosting system

2.2.

Frosting and Defrosting

The tests are carried out in an environmental chamber dedicated for assessments of refrigerator and
freezer. The specifications of temperature and humidity of the chamber follow the national standard
GB/T 8095. These test conditions and other important parameters used for the defrost tests are
listed in Table 1. To expedite the frosting process, the chamber is operated under 25°C and 90%
relative humidity condition. During the simulated frosting process, the refrigerator door is opened
for 30 seconds in every 10 minutes. All the tests are conducted when the system reaches a cyclic
steady state condition, i.e. temperature and humidity of the storage cabinet are steady. The bypass
loop is switched open during the compressor "on" period to start the defrosting test. The defrosting
test is continued until no liquid droplet can be observed from the draining pipe. The melted frost
mass is evaluated by measuring the mass difference of the draining receiver before and after the
defrosting process. It should be noted that the moisture entering the cabinet could condense onto
the draining pan rather than frost on evaporator surface during opening the refrigerator door.
Therefore, this part of condensate on the draining pan is measured before defrosting and is
subtracted from the measured melted water after defrosting.
Table 1. Relevant testing conditions and parameters

Experimental condition
Dry Bulb temperature (°C)
Wet Bulb temperature (°C)
Voltage (V)
Frequency (Hz)
Storage temperature (°C)
Storage relative humidity (%)
Compressor control mode
Refrigerant

Parameters
25±0.2
23.7±0.2
220
50
4~6
45~65
ON/OFF
R290
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Evaporation temperature (°C)
Frequency of open the door (seconds per 10 min)
2.3.

-12
30

Data Reduction

In this study, the defrosting efficiency is used to evaluate the hot gas bypass defrosting method. The
defrosting efficiency is shown in Eq. (1), which is defined as the ratio between the heat absorbed by
the frost and the heat released from the compressor. The heat absorbed by the frost is given by Eq.
(2), which consists of melting latent heat and sensible heat of frost. The heat released from the
compressor is estimated based on the accumulated input power, as shown in Eq. (3), neglecting the
heat loss to the ambient.
𝑄
𝜂 = $%&'*𝑄
Eq. (1)
()$
𝑄$%&' = ℎ,- 𝑚$%&' + 𝑐1,3 𝑚$%&' (𝑇$%&' − 𝑇%78 )

Eq. (2)

𝑄()$ = : 𝑊̇()$ 𝑑𝑡

Eq. (3)

In the above equations, the melting latent heat is assumed to be 3.35 × 105 J∙kg-1. The specific heat
of frost is 2.1 × 103 J∙kg-1∙K-1. Tmelt is the melting point of 0°C. Teva is the wall temperature of the
evaporator when the defrosting process starts. The defrosting efficiency has a measurement error
based on the error propagation procedure specified in Eq. (4).
L

L

L
𝜕𝜂
𝜕𝜂
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𝜕𝑇N
𝜕𝑊()$ STUE

Eq. (4)

In Eq. (4), the parameter U stands for the instrument uncertainty, in which Umelt and UTw are ±2 g and
±0.5°C, respectively. The compressor power is measured by the built-in voltage and current sensor
of the chamber, which has a 1% full-scale uncertainty. Since the compressor power is a transient
signal, the time variation standard deviation σWcom is also included. Each test is repeated two times,
and the average melted mass is used. The standard deviation of repeatability is considered by the
σmelt term in Eq. (4).

3. RESULTS
3.1.

Transient Characteristics

After 16 hours of regularly opening the refrigerator door for 30 seconds in every 10 minutes, the frost
layer on the evaporator surface is fully developed. The defrosting process starts at 5.5 minutes in
Fig. 2, and the temperature variations of the evaporator are plotted. Before the defrosting process,
due to severe frosting, the evaporating temperature reaches -25°C, which is 13°C lower than the
evaporating temperature of the normal no-frost condition, to maintain a 4~6°C cabinet temperature.
When the bypassing loop is switched open, the evaporator’s temperature increases rapidly to 5~6°C
in 4 minutes, and maintains at 5~6°C for another 15 minutes. During this latent heat period, the frost
layer absorbs heat and gradually melts. After the latent heat period, the evaporator’s temperature
reaches 15°C in 4 minutes. Meanwhile, no frost can be observed on the evaporator’s surface.
When the defrosting process ends, 1056 grams of melted water are collected. Note that 78 grams
of condensate are collected before defrosting. Therefore, the 978 grams of melted water are used
to calculate defrosting efficiency after excluding the condensate. The average compressor power is
332 W during the 22-minute period. Consequently, the defrosting efficiency is 86.7% in this case,
according to Eqs. (1-3). This efficiency is much higher than the those reported using an electric
heater, which are 30~45% (Bansal et al., 2010; Özkan et al., 2012). Therefore, it is beneficial to
use the hot gas bypass to defrost in the medical refrigerator.
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Figure 2: Temperature variation of the evaporator during defrosting

In addition, after the 16 hours to the fully develop the frost layer, the variations of temperature and
relative humidity are plotted in Fig. 3. As the frost layer melts, both temperature and relative humidity
inside the cabinet increases. The temperature reaches 10°C at the end of defrosting, while the
relative humidity reaches 75%. These values do not violate the regulations of GSP. After the
defrosting process, the system is back into normal cyclic operation. The cabinet temperature and
relative humidity reach steady state in 15 minutes. On the contrary, the conventional defrosting using
electric heater usually leads to excessive cabinet temperature and requires the system to precool
the evaporator, which means more energy consumption and less efficient defrosting performance.

Figure 3: Temperature and relative humidity variations in the cabinet during defrosting process

3.2.

Impacts of Frost Layer Thickness and Flow Rate

To best illustrate the optimum conditions of hot gas bypass defrosting, this study investigates the
impacts of frost layer thickness and bypassing flow rate on the defrosting efficiency. By varying the
frosting duration and layer thickness, Table 2 lists the measured defrosting duration, melted mass
(excluding the condensate on the draining pan), defrosting efficiency and the average temperature
of the evaporator (Teva,d). The tests are repeated twice and their average is used. One observation
is that the defrosting time (td) and melted mass increase almost linearly with frosting duration, while
the defrosting efficiency decreases monotonically. The decreasing of efficiency is due to increased
compressor power. Furthermore, some of the released heat from hot gas could dissipate to fins and
air where there is a thinner frost. This means defrosting efficiency of the hot gas bypass method
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favors thicker frost layer. However, during normal operation, thicker frost means lower evaporating
temperature and worse heat transfer performance. Under severe conditions, we observed frosting
on the suction line, which indicates liquid refrigerant is carried over from the accumulator since the
evaporator becomes ultra-inefficient. Therefore, considering the normal operation and defrosting
efficiency, when the accumulated door open time reaches 24~36 minutes, it is recommended to start
the defrosting sequence, and defrosting should be terminated once the evaporator surface reaches
15°C.
Table 2. Variation of defrosting performance for different frosting duration and thickness

Frosting duration (hour)
Door open time (min)
td (min)
mmelt (kg)
Qmelt (×105J)
Wcom (W)
η (%)
Teva,d (°C)

16
48
23
1.003
3.88
332
86.5 ± 5.0
15.0 ± 0.5

12
36
16
0.701
2.40
332
75.3 ± 5.2
11.4 ± 0.5

8
24
10
0.412
1.38
356
65.0 ± 5.6
17.5 ± 0.5

4
12
6
0.242
0.84
361
64.9 ± 6.9
16 ± 0.5

When the valve opening varies, the defrosting time, melted mass, defrosting efficiency and other
parameters are listed in Table 3. Based on the pressure difference (ΔPvalve), the flow rate of hot gas
reduces when the valve opening reduces. This leads to longer defrosting duration, if the frosting
duration and frost thickness are maintained constant. Furthermore, the compressor power increases
significantly when the valve opening reduces, due to the higher pressure ratio of the compressor is
required to overcome the throttling of the needle valve. The discharge temperature increases when
the valve opening reduces, however, the overall released heat from the hot gas reduces due to
reduced flow rate. Based on the implemented needle valve and the tested range, larger valve
opening is preferred for a better defrosting efficiency. Future studies will be carried out to investigate
the optimum bypass flow rate.
Table 3. Variation of defrosting performance for different valve opening and flow rate

Frosting
duration (hour)
Opening of
micro-metering
valve (laps)
td [min]
mmelt [kg]
Qmelt [×105J]
Wcom [W]
η [%]
Teva,d [°C]
Tdis [°C]
ΔPvalve [kPa]

8

4

6

4

2

6

4

2

10
0.412
1.38
356
65.0±5.6
17.5±0.5
24.4±0.5
157±11

10
0.394
1.39
369
62.6±3.7
14.8±0.5
25.8±0.5
193±17

14.5
0.448
1.50
385
44.8±.2.0
10.0±0.5
31.1±0.5
346±12

6
0.242
0.84
361
64.9±6.9
16±0.5
24.6±0.5
161±10

7
0.249
0.87
381
54.1±3.1
14.7±0.5
29.3±0.5
201±15

7
0.254
0.89
385
54.9±2.2
9.1±0.5
31.3±0.5
347±6

4. CONTROL STRATEGY
Based on the analysis in section 3, we propose to determine the start of the defrosting process based
on the accumulated opening time of the refrigerator’s door. The end of defrosting process is
determined based on the evaporator’s surface temperature. These prestored values are used as
references, which can be adjusted based on ambient temperature and humidity. According to the
proposed control process diagram in Fig. 4, the hot gas bypass defrosting starts when the
accumulated door opening time t0 is greater than the reference time t0,r. The bypass loop is opened
and the evaporator fan is turned off. If there is damper in the duct, it should be switched to close.
The evaporator’s surface temperature and defrosting time are monitored during the defrosting
process. When the evaporator’s surface temperature Teva reaches the reference temperature Teva,r,
or if the defrosting duration exceeds reference time td,r, the defrosting process is terminated. The
evaporator’s fan and damper can hold for 30 seconds before entering normal operation as a
precooling process. Details regarding the optimum delayed time will be studied in the future.
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Figure 4: The diagram of the defrosting control strategy using hot gas bypass method

5. CONCLUSIONS
This study investigates the hot gas bypass defrosting method for a medical refrigerator. Hot gas
bypass can reach defrosting efficiency over 80%, which doubles the efficiency of conventional
electric heater defrosting method. In addition, experimental data indicate that defrosting efficiency
favors longer frosting duration or thicker frost, but thicker frost layer leads to degradation of system
performance. Furthermore, increasing the bypass flow rate improves the defrosting efficiency. Based
on these observations, a defrosting control strategy is proposed for a medical refrigerator operated
in humid and mild or tropical climate. The defrosting starts at an accumulated door opening time of
24~36 minutes, while the defrosting should be terminated when the evaporator’s temperature
reaches 15°C.

NOMENCLATURE
-1

-1

cp,f
frost specific heat (J∙kg ∙K )
hs,l
melting latent heat of frost (J∙kg-1)
mmelt melted mass (kg)
Q
heat (J)
t
time (sec)
t0
accumulated door opening time (sec)
td
accumulated defrosting time (sec)
Subscript
r
reference

Tdis
Teva
U
Ẇ
Δp
η
σ

discharge temperature (°C)
evaporator wall temperature (°C)
uncertainty
instant power (W)
pressure difference (kPa)
efficiency
standard deviation

com compressor
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ABSTRACT
Decreasing the complexity of R744 commercial refrigeration systems for supermarkets could
substantially reduce their cost, promoting worldwide spreading.
Typically, the share of the low-temperature (LT) load in the total load for supermarkets is low.
Nevertheless, significant investments must be made to cover this demand, including dedicated
compressors, inverter, desuperheater, oil management equipment, etc.
The objective of this paper is to describe and numerically validate a new concept based on highpressure-lift ejector to support LT evaporators. This solution reduces the cost of the system by
replacing the whole LT compressor section with a fixed geometry ejector. In addition, elimination of
the compressor(s) allows overfeeding operation of LT evaporators.
The paper explores application range of this concept, using a 0-dimensional model of the
refrigeration system.
Keywords: Commercial refrigeration, R744, Ejector, Parallel compression

1. INTRODUCTION
As broadly concluded (e.g., Gullo et al., 2018), efficient R744 refrigeration systems are currently
able to outperform HFC-based units for supermarkets across Europe, thanks to the implementation
of different technologies improving energy performance, such as overfed evaporators, vapour
ejectors for unloading the medium-temperature (MT) compressors or AC production (Pardiñas et
al., 2018), as well as mechanical subcooling (Karampour and Sawalha, 2018), among others. Still,
that continuous adoption of more and more sophisticated technical solutions for boosting of energy
performance made the system layouts and control strategies more complex, elevating the
investment costs for 'all-in-one' R744 solutions above the level of typical HFC units (Gullo et al.,
2018). Therefore, researchers and manufacturers need to find the compromise between the
system efficiency, complexity, and capital costs in order to maintain the increase in number of
installed transcritical CO2 refrigeration units that has been occurring during the current decade.
While a lot of research attention was dedicated to the system optimization for the MT load, AC load
or Heat Reclaim (HR) (Pardiñas et al., 2018, Gullo et al., 2018), relatively moderate efforts were
put into the investigation of upgrading of the low-temperature (LT) section, where improvement
might mean both lower energy consumption or/and lower investment costs. Some researchers
(Gullo et al., 2017) concluded that by applying flooded LT evaporators with elevated evaporation
temperature (supported by internal heat exchanger and suction accumulator in the LT suction line
for compressor protection) one can decrease the annual energy consumption even by ca. 25%, for
the refrigeration capacity ratio (called also load factor and defined as ratio of MT refrigeration load
to LT refrigeration load) equal to 4.8. Another study (Karampour and Sawalha, 2018) claimed to
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have effectively elevated the LT evaporation temperature from -32 °C to -29 °C by using flooded
mode, which resulted in less frosting in addition to energy savings. However, apart from this
relatively obvious trend to eliminate superheating also in the LT cabinets, no direct use of more
advanced techniques, like for example vapour ejectors for refrigerant circulation in the LT cabinets,
has been reported so far for supermarkets.
The concept of ejector-supported freezers has been previously widely studied for domestic
refrigerators, specifically for isobutane (Liu et al., 2010, Wang et al., 2014). Various layouts for twoevaporation-level systems for household refrigerator-freezers were evaluated, finding the
improvement in COP compared to a baseline cycle (without ejector) up 10% (Jeon et al., 2018).
Moreover, a modified dual-temperature CO2 transcritical refrigeration cycle, in which two cascade
ejectors were applied to enhance the performance of a refrigerator-freezer, eliminating the LT
compressor entirely, was proposed (Bai et al., 2017). Compared to a basic dual-evaporator cycle
without ejectors, the authors claimed to have obtained up to 25% improvement in energy and
exergy efficiency, for evaporation temperatures typical for the supermarket applications and load
factor equal to 1.
The potential for ejector implementation to invoking circulation in the LT cabinets in a transcritical
R744 system will be always determined by load factor (Bai et al., 2017). This is particularly true for
booster configuration for supermarkets, where the pressure difference applied in individual
expansion devices in cabinets is in practice fixed, independently of the ambient conditions, fixing
thus pressure lift of the LT ejector. Typical load factors for supermarkets of different size around
Europe range between 2 and 8 (Gullo et al., 2017), for evaporating temperatures ranging from -10
°C to -2 °C for the MT section and from -35 °C to -25 °C for the LT section (Gullo et al., 2018). An
interesting feature of the LT cabinets is that, due to the relatively low product temperature, they are
usually equipped with doors, which results in an almost constant load profile throughout the year
and the day. This, along with the substantially fluctuating MT or AC loads, entails typically
fluctuating load factor conditions, which imposes more demanding off-design operational regime
for a potential LT ejector.
On the other hand, refrigerant circulation in the LT section supported purely by ejectors (no LT
compressors) enables elevation of the evaporation temperature and running in flooded mode,
which reduces pressure lift of the LT ejector.
State-of-the-art “all CO2” refrigeration systems encompass a separate group of dedicated LT
compressors, at least one of them usually equipped with a variable speed drive (VSD) for
managing the potential changes in load, oil-feeding systems, safety systems, etc. Replacement of
all those components with a single ejector (or battery of several ejectors in parallel) supporting the
LT cabinets could reduce the investment costs. Therefore, the objective of this paper is to describe
and numerically validate a new concept based on high-pressure-lift ejector to support LT
evaporators and reduce the complexity and cost of transcritical CO2 refrigeration systems.
The paper explores application range of this concept, using a 0-dimensional model of the
refrigeration system.

2. CONCEPTS INVESTIGATED
Several ejector-supported LT section concepts have been evaluated numerically to compare the
energy performance of the pack. This section describes (i) the state-of-the-art booster unit
supported by parallel compression, treated as a reference layout (Fig. 1, left side), (ii) an upgrade
that allows overfed MT evaporators (Fig. 1, right side), and two novel configurations with the (iii)
upstream-gas cooler split and (iv) downstream-gas cooler split LT ejector replacing the dedicated
LT compressors (Fig. 2, left and right side, correspondingly).
Fig. 1 left illustrates the state-of-the-art booster unit supported by parallel compression. Two
groups of compressors, MT and LT compressors, are devoted to keeping the evaporation
temperature at the cooling and freezing cabinets or rooms, respectively. Both groups of
evaporators are supplied by liquid refrigerant from the bottom of the liquid receiver, and it is usual
that each evaporator has an individual expansion device that adjusts the flow of refrigerant
depending on the demand. State-of-the-art systems try to regulate the flow so that there is a
certain degree of superheat at the outlet of the evaporators and to guarantee that only vapour
(superheated) reaches the suction of the compressors.
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Figure 1: CO2 refrigeration systems for commercial refrigeration with cooling (MT evaporators) and
freezing (LT evaporators) cabinets. Left, traditional booster system supported by parallel
compressors. Right, upgrade of the traditional booster system with overfed MT evaporators and
active control of the liquid separator level

The third group of compressors, the so-called parallel compressors, regulate the intermediate
pressure level at the liquid receiver by removing the flash gas. In case the amount of flash gas is
low, which usually happens when heat is rejected at the gas coolers at low ambient temperature, it
is the flash-gas bypass valve (FGBV in Fig. 1) that solely controls this pressure, by throttling
vapour to the suction of the MT compressors. Heat is rejected to the ambient in the gas cooler, and
the high pressure is regulated by means of the high pressure valve (HPV in Fig. 1).
The second configuration represented in Fig. 1 right is based on the previous layout with an
auxiliary liquid separator downstream of the MT evaporators and two completely independent liquid
lines added. This allows flooded operation of the MT evaporators, which reduces power
consumption of the system, keeping the operational safety of the MT compressors
uncompromised. The liquid level at the liquid separator is normally controlled by a pump or a liquid
ejector, which returns liquid from the separator to the receiver. An alternative was proposed by
EPTA (Mastrapasqua, 2017), which provides an additional liquid line from the separator to the LT
evaporators. Thus, LT evaporators are fed from the separator if there is liquid in it, and from the
receiver if the separator is empty.
The concept proposed in this study is a development of EPTA’s solution, where the LT evaporators
are always independently fed with liquid refrigerant from the liquid separator. This involves active
control of the liquid level, by coordinated opening of the expansion valves at all the MT
evaporators, which in addition leads to their flooded (and thus more efficient) operation.
Fig. 2 left shows the first ejector-supported LT section considered in this study. It is based on hotgas-driven ejector(s) entraining the outlet stream leaving the LT evaporators, both vapour and
small amounts of non-evaporated liquid. LT ejector discharges to the liquid separator, covering
pressure lift in the range of 13 bar to 19 bar. The usual source of the driving stream would be the
gas cooler outlet side, thus refrigerant at high pressure and relatively low temperature. However,
first evaluation of this solution indicated that substantial amounts of liquid leaving the LT ejector
and entering the MT accumulator would flood the liquid separator and in the end require a separate
liquid return, e.g., dedicated liquid ejectors or pumps. Relatively high pressure lift that is requested
entails very low entrainment ratio, i.e. relatively large motive mass flow rate is needed to entrain
the vapour at low pressure. Consequently, motive flow from the discharge of MT and parallel
compressors, upstream of the gas cooler (high pressure and high temperature and thus high
expansion potential, reducing the requested motive nozzle mass flow rate), was considered as the
suitable option for this LT ejector system.
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Figure 2: CO2 booster system with LT ejector discharging to the liquid separator (left) or to the liquid
receiver (right)

Another solution with LT ejector was proposed in this work, Fig. 2 right. The discharge port of the
ejector is connected to the liquid receiver at intermediate pressure, involving even higher pressure
lift (close to 25 bar). This discharge of the LT ejectors imposes no actual danger of flooding the
liquid separator, so a standard source of driving stream could be used, i.e., gas cooler outlet.
However, it was anticipated that this mass flow would be insufficient in practice, particularly as the
gas cooler outlet temperature decreases and expansion work potential for the LT ejector motive
nozzles diminishes. Consequently, an auxiliary line from the discharge of compressors (dashed in
Fig. 2 right) should be implemented to support the motive flow if necessary, i.e., the overall mass
flow rate flowing out of the gas cooler would not be enough to support the required LT capacity.

3. SIMULATION MODEL AND CONDITIONS
The four systems described in the previous section were modelled using Modelica object-oriented
programming language in Dymola 2018 environment (Dassault Systems, Vélizy-Villacoublay,
France). The models developed are based on TIL 3.5 library, and R744 properties are provided by
the TILMedia 3.5 library, both from TLK-Thermo GmbH (Braunschweig, Germany). The effects of
oil and of the oil management system were neglected.
Refrigeration capacities for cooling (MT evaporators) and freezing (LT evaporators) were selected
in order to reflect typical size of a European supermarket (Gullo et al., 2017, Karampour and
Sawalha, 2018). The design MT capacity was set at 100 kW (evaporation temperature -10 °C and
superheating degree 8 K), while the LT capacity was assumed constant at 20 kW (evaporation
temperature -32 °C and superheating degree 8 K). The design point at the outlet of the gas cooler
was assumed at 40 °C, and the liquid receiver pressure at 40 bar (controlled by the parallel
compressors). For these conditions, performance maps for real compressors by Bitzer were
applied, as indicated in Table 1 (nominal frequency 50 Hz). The machines indicated in white cells
were used as base design, the ones marked with grey background account for the extra capacity
that was needed when the system used LT ejectors (and thus no LT compressors). Namely, a fifth
MT compressor was needed for the system with LT ejector discharging to the liquid separator,
meanwhile a third parallel compressor was added to cover the need for capacity with LT ejector
discharging to the liquid receiver.
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Table 1. Compressors selected for the model, and their displacements

MT Compressors
Displacement [m3/h]
PAR Compressors
Displacement [m3/h]
LT Compressors
Displacement [m3/h]

4MTC-10K (VSD)
6.5 (30 – 70 Hz)
4JTC-15K (VSD)
9.2 (30 – 70 Hz)
2HME-4K (VSD)
4.34 (30 – 70 Hz)

4MTC-10K
6.5
4JTC-15K
9.2
2GME-4K
5.05

4HTC-20K
12
4FTC-30K
17.8

4FTC-30K
17.8

4DTC-25K
21.2

The compressor efficiencies were modelled with correlations dependent on the suction and
discharge conditions, the rotational speed for VSD (variable speed drive) compressors. These
correlations are based on published data from the manufacturer (Bitzer Software
https://www.bitzer.de/websoftware/).
The gas cooler was modelled as a fin-and-tube heat exchanger, with a regulation of the volumetric
flow of air so that the temperature at the outlet of the gas cooler (Tgc,out) could be adjusted for each
simulation. High pressure was adjusted according to the optimum performance curve, i.e., setpoint
was selected as a function of Tgc,out and of the region of operation - subcritical, transcritical or
transition. For subcritical operation (Tgc,out equal to or below 25 °C), a subcooling degree equal to 3
K was set. Transcritical operation corresponded to Tgc,out higher than or equal to 30 °C, where the
pressure depended linearly on Tgc,out. The relation between both parameters is defined by the pair
of points (30 °C,76.4 bar(a)) and (40 °C,102.4 bar(a)).
MT and LT evaporators were modelled also as fin-and-tube heat exchangers, where the volumetric
flow of air was controlled to adjust the load for each simulation at each evaporator. For the state-ofthe-art booster, with direct expansion (DX) evaporators both at the MT and LT, the aim for the
regulation was achieving a superheating degree at the evaporators equal to 8 K. The booster
system with overfed evaporators and liquid line from the liquid separators to the LT cabinets
adjusted the opening of the MT evaporator expansion valve to keep the liquid separator level at
half its capacity (LT evaporators running DX with setpoint for the superheat equal to 8 K). In both
configuration with LT ejector, the control of MT evaporator expansion valve was as in the previous
case (constant liquid level at separator). The LT evaporators ran overfed, which was modelled by
adjusting the mass flow to attain quality at the outlet of the evaporator of 0.95.
Concerning the LT ejector model, for the sake of simplicity of the simulations, ability to continuous
modulation of the opening degree (cross-section area of the flow-restricting channel, i.e., throat of
the motive nozzle) was assumed for all the cases modelled. In practice a battery of several parallel
ejector geometries could be used (stepwise control) or single geometry with modulated cross
section area of the motive nozzle (continuous control with a regulating needle). Ejector of constant
efficiency (defined as in Elbel and Hrnjak, 2008), equal to 25%, was assumed and applied in all the
simulation cases.
Table 2 summarizes the main conditions and setpoints for the simulations for each of the four
configurations presented. The MT evaporation temperature was considered 5 K higher for
configurations with overfed evaporators than for those with DX evaporators. Similarly, the LT
evaporation temperature was up to 7 K higher for the configurations with LT ejector (where overfed
operation is possible) than for those with LT compressors. Simulations were performed with
different load factors (defined in section one as the ratio of the MT refrigeration load to LT
refrigeration load), kept always constant the LT load at 20 kW.
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Table 2. Conditions and setpoints for the parametric study and for the different configurations
tested: SAB (state-of-the-art booster), BOLS (booster with overfed MT evaporators due the liquid line
at the liquid separator), LTEj_LS (LT ejector discharging to the liquid separator) and LTEj_LR (LT
ejector discharging to the liquid receiver).

Configurations
Tgc,out [ºC]
Tevap,MT [ºC]
Tevap,LT [ºC]
MT Load [kW]
LT Load [kW]
pLR [bar(a)]

SAB

BOLS
LTEj_LS
LTEj_LR
10 – 40 (5 ºC intervals)
-10
-5
-32
-28 & -25
-25
60, 80 & 100
20
40

4. RESULTS
Fig. 3 illustrates the main results of this study, which compare the different configurations
proposed, grouped per load factor (5, 4 and 3 from top to bottom, respectively). The height of bars
represents the ratio of the pack power consumption of a certain configuration to the pack power
consumption of the reference configuration (state-of-the-art booster), at the same gas cooler outlet
temperature.
It is clear in all cases that the pack power consumption decreases with the booster configuration
with overfed MT evaporator and independent liquid line to the liquid separator (BOLS in Table 2)
compared to the reference case, i.e. the ratio is always lower than 1 (in general between 15% and
5% lower). This effect was expected, as the evaporation temperature can be raised due to the
enhanced operation of the evaporator.
Concerning the systems with LT ejector, in most cases the ratios were above the unity. Thus, the
pack power consumption increases compared to the reference system when LT compressors are
replaced by the LT ejector, even when LT ejector configurations account for the benefit of
operating with flooded LT and MT evaporators. A separate analysis of the two configurations with
LT ejector shows differences between them.
The first system with the LT ejector that uses hot gas as motive flow and discharging to the liquid
separator (LTEj_LS in Table 2) always entails a significant increase of power consumption
compared to the reference. The reason is the increased capacity at the MT compressors to supply
the hot gas at the ejector, even if the entrainment ratio of the LT ejector with this hot gas is
relatively high (from 0.17 to 0.53). The extra power consumption, in ratio, is higher if the load factor
decreases.
The second option, with the motive of the LT ejector using as much flow from downstream of the
gas cooler as possible and discharging to the liquid receiver (LTEj_LR in Table 2), shows different
trends. With high gas cooler outlet temperature, and particularly with load factor equal to 5, the
reference unit is outperformed by this solution of LT ejector. This good result is a combination of
the increased evaporation temperatures and the reduced or inexistent utilization of hot gas to
support the gas cooler pressure at the setpoint. However, and increased flow of hot gas from the
compressors’ discharge is requested as the gas cooler outlet temperature and load factor
decrease, deteriorating the performance of the solution.
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Figure 3: Ratio of the pack power consumption of a given configuration to the pack power
consumption of the reference configuration (state-of-the-art booster) for the same gas cooler outlet
temperature. The uppermost graph corresponds to load factor equal to 5, the middle graph to 4 and
the bottom graph to 3. Abbreviation according to Table 2. The numbers indicated in the legend
denote the LT and MT evaporation temperatures in degrees Celsius for each run of simulations
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5. CONCLUSIONS
This study delved in different solutions to reduce the complexity of CO2 booster systems for
commercial refrigeration by replacing the LT compressors with auxiliary systems by dedicated
high-pressure lift ejector(s). In general, such simplified layouts involve a deterioration of the system
energy performance due to the pressure lift to be overcome and the use of hot gas as motive flow
for the ejector. This deterioration is higher with low load fractions, i.e. with low ratio of MT
refrigeration load to the LT refrigeration load.
A practical difficulty to be handled is proper design of a dedicated LT ejector geometry, enabling
efficient energy performance (ejector efficiency not lower than 25%) at relatively high pressure lift,
namely from 14 bar to 18 bar for the LTEj_LS configuration and 23-24 bar for the LTEj_LR
configuration. Another challenge imposed on constant-geometry ejectors will be given by greatly
changeable boundary conditions for the motive nozzle, from 50 bar/40 °C to 102 bar/115 °C, and
from 60 bar/23 °C to 102 bar/45 °C for the LTEj_LS and LTEj_LR layouts, correspondingly.
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ABSTRACT
Various evaporator fan motor technologies used in commercial refrigeration are discussed. Data
from a DOE-sponsored evaporator fan motor laboratory and field demonstration project are
presented. Historically, shaded-pole, permanent split capacitor (PSC), and electronically
commutated (EC) motors have been used as evaporator fan motors in commercial refrigeration
equipment. A permanent magnet synchronous (PMS) AC motor that can directly use grid-supplied
AC current without the need to rectify to DC has recently been commercialized. It was found that
PMS motors consume 79% less power and draw 82% less current than shaded pole motors, and
34% less power and 49% less current than EC motors. PMS motors exhibit a power factor of 0.82,
which is 40% greater than that of existing evaporator fan motors. The measured data is extrapolated
to project the economic and environmental benefits from upgrading the installed base of commercial
refrigeration evaporator fan motors to PMS motors.
Keywords: Display Cabinet, Evaporator, Fan, Moteur Electrique, Refrigerateur Commercial

1. INTRODUCTION
The US Department of Energy Building Technologies Office (DOE BTO) estimates that the
commercial sector uses approximately 18% of all primary energy consumed in the United States, or
18.3 EJ (NCI, 2013). Of that 18.3 EJ of primary energy, DOE BTO estimates that the primary energy
consumption of electric motor-driven systems in the commercial sector is 5.14 EJ and that the motors
in central commercial refrigeration, walk-in coolers/freezers and beverage vending machines
account for 0.34 EJ, 0.29 EJ and 0.19 EJ of that 5.14 EJ respectively (NCI, 2013). Thus, although
the evaporator fan motors used in these types of commercial refrigeration systems are only fractional
horsepower in size, due to their wide proliferation and nearly constant operation, they are a
significant consumer of electrical energy in the US. Moreover, DOE BTO reports that since
compressor motors are usually high efficiency, greater energy savings can be realized by upgrading
evaporator and condenser fan motors rather than compressor motors (NCI, 2013).
Although higher-efficiency motors have been increasingly used in central commercial refrigeration
and beverage vending machines, the installed base of smaller 6–12 W evaporator fan motors
continues to be dominated by lower-efficiency shaded-pole (SP) motors. This is also true of the
installed base of 38–50 W motors used in walk-in coolers and freezers, which is dominated by lowerefficiency permanent split capacitor (PSC) motors. Over the past 10 to 15 years, the higher-efficiency
electronically commutated (EC) motor has begun to penetrate the market. While EC motors are
significantly more efficient than shaded pole and PSC motors, newly available permanent magnet
synchronous (PMS) motors offer even greater efficiency at a comparable first cost. In addition to
transforming electrical energy into mechanical energy more efficiently than EC motors, PMS motors
have much higher power factors, meaning that they accept energy from the grid much more
Notice: This manuscript has been authored by UT-Battelle, LLC, under Contract No. DE-AC05-00OR22725
with the U.S. Department of Energy. The United States Government retains and the publisher, by accepting
the article for publication, acknowledges that the United States Government retains a non-exclusive, paid-up,
irrevocable, world-wide license to publish or reproduce the published form of this manuscript, or allow others
to do so, for United States Government purposes.
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efficiently. The resulting reduced current draw means that the electric utility can reduce the amount
of energy that it needs to supply to the grid.
This paper provides background information on various fractional-horsepower electric motor
technologies used for evaporator fan applications in commercial refrigeration and summarizes data
from a DOE-sponsored evaporator fan motor laboratory and field demonstration project. This paper
also projects the potential economic and environmental benefits resulting from upgrading the current
installed base of commercial refrigeration evaporator fan motors to PMS motors.

2. EVAPORATOR FAN MOTOR TECHNOLOGIES
Evaporator fan motors are fractional horsepower in size, responsible for moving air across the
evaporator coil, and typically run at one speed. The manufacturer will match the motor size and blade
to the evaporator coil to meet the expected load under most conditions. Higher-efficiency evaporator
fan motors reduce energy consumption by requiring less electrical power to generate the same motor
shaft output power (NCI/PNNL, 2011).
Historically, shaded-pole induction motors have been the most commonly used evaporator fan
motors in commercial refrigeration equipment. These are the simplest and least expensive type of
fractional-horsepower motor, with an efficiency of approximately 20%. Given that motor efficiency
losses are released as heat, this inefficiency also increases the refrigeration load, further increasing
the refrigeration system energy consumption (Fricke and Becker, 2015).
Electronically commutated (EC) permanent magnet motors, also known as brushless DC motors,
were initially commercialized in the late 1980s, and their use in commercial refrigeration applications
has increased within the last 10 to 15 years because of economic incentives and regulatory
requirements. State-of-the-art EC motors are approximately 66% efficient. Another induction motor
type, the permanent split capacitor (PSC) motor, offers a mid-point between shaded-pole and EC
motor price and efficiency levels. PSC motors are typically about 29% efficient.
A permanent magnet synchronous (PMS) AC motor that can directly use grid-supplied AC current
without the need to rectify to DC has recently been commercialized. This new motor exhibits a peak
efficiency of 75% and has the potential to significantly reduce the energy consumption of evaporator
fan motors in commercial refrigeration equipment.
Synchronous motors are so named because the rotation of the motor’s shaft is synchronized with
the frequency of the supplied current. Previously, synchronous motors have been prohibitively
expensive for commercial refrigeration evaporator fan applications because of the high cost of the
electronic control circuit that is required to bring the synchronous motor up to synchronous speed.
However, the PMS motor makes use of a new patented controller that is simpler and lower in cost
than previous synchronous motor controllers or EC motor controllers, making the PMS motor a costeffective alternative in the commercial refrigeration market (Flynn and Tracy, 2016).
Moreover, because they can use AC power directly from the grid, PMS motors have much higher
power factors than EC motors. While the higher power factor does not mean that the PMS motor
uses less power on site, it does mean that the utility is able to supply less power to the grid per unit
of output power of the motor.

3. LABORATORY EVALUATION OF FAN MOTOR TECHNOLOGIES
Laboratory evaluation of evaporator fan motor technologies was performed to quantify and compare
the performance of shaded-pole, PSC, EC, and PMS evaporator fan motors in a controlled
environment, so as to minimize the influence of external factors and anomalies.
The laboratory evaluation included dynamometer testing of the fan motors and airflow testing of the
motor/fan assemblies (Fricke and Becker, 2019). A photograph of the dynamometer test set-up
showing a display case evaporator fan motor mounted in the motor stand and coupled to the
hysteresis brake dynamometer is given in Fig. 1. Measured quantities in the dynamometer testing of
fan motors included torque, rotational speed (RPM), and mechanical power output of the motor under
test as well as voltage, current, power input and power factor of the electrical power provided to the
subject motor. Fan motor efficiency was then calculated from the measured data.
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Figure 1: Photograph of dynamometer test set-up showing a display case evaporator fan motor
coupled to the hysteresis brake dynamometer

Fig. 2 shows the fan motor efficiency and power factor for a 6–12 W PMS motor. This 6–12 W PMS
motor exhibits a peak efficiency of 75% with a power factor of approximately 0.9 at a power output
of 11 W.

Figure 2: Fan motor efficiency and power factor for a 6–12 W PMS motor

Fig. 3 shows the fan motor efficiency and power factor for a 38–50 W PMS motor. This 38–50 W
PMS motor exhibits a peak efficiency of 82% with a power factor of approximately 0.9 at a power
output of 35 W.

Figure 3: Fan motor efficiency and power factor for a 38–50 W PMS motor.

A summary of measured evaporator fan motor efficiency and power factor determined from the
dynamometer testing is given in Table 1.
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Table 1. Summary of measured evaporator fan motor efficiency and power factor

Evaporator fan
motor type
6–12 W fan motors
SP
EC
PMS
38–50 W fan motors
SP
PSC
EC
PMS

Efficiency (%)

Power factor

26
63
75

0.64
0.61
0.91

24
50
69
82

0.61
0.97
0.61
0.92

Airflow testing of SP, PSC, EC, and PMS motor/fan assemblies was performed using an ANSI/AMCA
Standard 210-16/ASHRAE Standard 51-16 airflow test chamber to measure the performance of the
subject motor/fan assembly and to determine the incumbent display case system impedance
(AMCA, 2016; Fricke and Becker, 2019). Fig. 4 shows a photograph of the airflow test set-up with
an evaporator motor/fan assembly mounted at the inlet to the test chamber. Also visible are the static
pressure gauge display, differential pressure gauge display, variable power supply, power analyzer,
optical sensor, panel tachometer, and variable frequency drive used to control the auxiliary fan.
Measured quantities in the airflow testing included airflow rate, static pressure at the front of the
airflow test chamber, differential pressure across the orifice plate of the airflow test chamber,
laboratory air temperature and humidity, as well as voltage, current, and electrical power input
provided to the motor/fan assembly and rotational speed (RPM) of the motor/fan assembly.
A family of fan curves (static pressure vs airflow rate and electrical power input vs airflow rate) was
generated for the 6–12 W PMS motor/fan assemblies with 20 cm fan blades and for the 38–50 W
motors paired with 25 and 30 cm blades. Various incumbent motor/fan assemblies were also tested
in the laboratory airflow test chamber and their fan curves were generated.
Fig. 5 shows static pressure and input power versus airflow rate for a 6–12 W PMS evaporator fan
motor with 17° to 24° pitched blades. At a static pressure of 75 Pa, the airflow rate was 30 L/s and
the input power was 11.2 W for a 17° blade, while the airflow rate was 52 L/s and the input power
was 16.3 W for a 24° blade. At a static pressure of 0.0 Pa, the airflow rate was 102 L/s and the input
power was 6.0 W for a 17° blade, while the airflow rate was 144 L/s and the input power was 9.5 W
for a 24° blade. The 6–12 W motors in display case applications typically operate at a static pressure
between 25 and 50 Pa.

4. FIELD EVALUATION OF FAN MOTOR TECHNOLOGIES
4.1.

Display Case Evaporator Fan Motors

Field evaluation of refrigerated display case evaporator fan motors was accomplished by performing
side-by-side comparisons of 6–12 W PMS motors to 6–12 W SP and EC fan motors, in a total of six
test sites, shown in Table 2 (Fricke and Becker, 2019). Since refrigeration effect depends upon
airflow rate, an effort was made to match the airflow rate of the incumbent motor/fan assembly during
the installation of PMS fan motors at each test site, by using appropriately pitched fan blades on the
PMS motors. This is a significant issue when evaluating energy savings, because the energy usage
of a fan motor depends upon how much air it is moving.
Different fan motor rotational speeds have implications for airflow rate. PMS motors are designed to
run at 1800 RPM on a 60 Hz AC power supply. Typically, the incumbent evaporator fan motors were
found to operate at approximately 1550 RPM. Given the faster rotational speed of the PMS motor,
the use of a slightly lower pitched blade on the PMS motor, operating at 1800 RPM, gives a
comparable airflow rate to that of the incumbent motor/fan assembly operating at 1550 RPM.
It was found that, on average, a PMS motor consumes 79% less power and draws 82% less current
than a shaded pole motor, and on average, 34% less power and 49% less current than an EC motor.
In addition, the PMS motor exhibits an average power factor of approximately 0.82, which is on
average 40% greater than that of existing evaporator fan motors.
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Figure 4: Photograph of the airflow test set-up showing a display case evaporator motor/fan
assembly mounted at the inlet to the airflow test chamber

Figure 5: Static pressure and input power versus airflow rate for a 6–12 W PMS evaporator fan motor
with 20 cm fan blades pitched from 17° to 24°
Table 2. Summary of field test sites for side-by-side comparison of evaporator fan motors in
medium-temperature refrigerated display cases

Number and type of fan
motor
Electrical
Electrical
circuit A
circuit B
Two
Two PMS
shaded-pole
Four EC,
Four PMS
type A
Two EC,
Two PMS
type B
One EC,
One PMS
type B
Three EC,
Three PMS
type C
Two EC,
Two PMS
type C

Display case type

Data
collection
duration

One 4.9 m open multi-deck

14 months

Two 3.7 m open multi-deck

Five months

Two 2.4 m open multi-deck

17 months

One 2.4 m open multi-deck

Six months

Two 3.7 m open multideck, retrofit with doors
One 3.7 m open multideck, retrofit with doors

Five months
Five months

Location
Kansas City, MO
Site #1
Kansas City, MO
Site #2
Lee’s Summit,
MO
San Diego, CA
San Antonio, TX
Site #1
San Antonio, TX
Site #2
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4.2.

Walk-in Cooler/Freezer Evaporator Fan Motors

Two field test sites were selected to evaluate the performance of the larger 38 to 50 W PMS
evaporator fan motors in walk-in cooler/freezer applications (Fricke and Becker, 2019). At each
supermarket, two walk-in units were selected for investigation: one walk-in dairy cooler and one
walk-in freezer. A summary of the number of evaporators and evaporator fan motors used in the
walk-in cooler/freezer evaporator fan motor evaluation is provided in Table 3.
Table 3. Summary of walk-in coolers/freezer evaporators and evaporator fans

Supermarket
location
South Burlington,
VT
Colchester, VT

Walk-in type

Number of
evaporators

Dairy Cooler
Freezer
Dairy Cooler
Freezer

4
2
3
2

Number of
fans per
evaporator
3
4
4
5

Total number
of evaporator
fans
12
8
12
10

A 61% decrease in fan motor power was measured when retrofitting existing evaporator fan motors
with PMS motors in the walk-in cooler. In addition, a 48% decrease in fan motor power was measured
when retrofitting existing evaporator fan motors with PMS motors in the walk-in freezer.
4.3.

Whole Store Evaporator Fan Motor Retrofit

The culmination of the field evaluation of fan motor technologies was a whole-store retrofit conducted
at a supermarket (Fricke and Becker, 2019). Pre- and post-retrofit measurement of evaporator fan
motor power in medium- and low-temperature refrigerated display cases and walk-in
coolers/freezers was performed.
Each display case line-up or walk-in cooler/freezer had a dedicated electrical circuit breaker that
supplied electrical power to the evaporator fans in that display case line-up or walk-in. The
evaporator fan motor electric power measurements were made at the circuit breaker level. Thus, the
electrical power measurements represent the motor power, voltage, current, and power factor for all
the fans operating on a given circuit. A total of 22 display case evaporator fan circuits, representing
185 fan motors, and 20 walk-in evaporator fan circuits, representing a total of 77 motors, were
monitored and recorded. By motor type, 103 EC motors and 82 shaded pole motors were replaced
in the monitored refrigerated display cases, and 73 PSC motors and 4 EC motors were replaced in
the monitored walk-ins. During the installation of PMS evaporator fan motors, since refrigeration
effect depends upon airflow rate, care was taken to meet or exceed the airflow rate of the incumbent
fans by using appropriately pitched fan blades on the PMS motors. Measured quantities for each
electrical circuit included fan motor power, voltage, current, and power factor, and these quantities
were measured every 30 seconds and then averaged and recorded every two minutes.
Table 4 shows the average reduction in power and current draw as well as the improvement in power
factor for the PMS evaporator fan motors, compared to the incumbent motors, as determined from
the whole-store fan motor retrofit.
Table 4. Performance comparison of 6–12 W and 38–50 W incumbent and PMS
evaporator fan motors from whole-store fan motor retrofit

Incumbent evaporator
fan motor type and
output power
SP, 6–12 W
EC, 6–12 W
PSC, 38–50 W
EC, 38–50 W

Equivalent PMS evaporator fan motor performance comparison
Current draw
Power factor
Power reduction
reduction
improvement
50%
60%
30%
38%
54%
33%
49%
43%
-10%
47%
43%
-6%

Overall for the whole-store retrofit, the current supplied to all monitored evaporator fan motors was
reduced by 52%, the real power was reduced by 46% and the apparent power was reduced by 51%
following the retrofit of the 262 evaporator fan motors that were monitored.
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5. POTENTIAL ENERGY SAVINGS
Based on the results of the laboratory and field evaluations of evaporator fan motors, the potential
site and source energy savings associated with retrofitting the existing installed base of 6–12 W and
38–50 W commercial refrigeration evaporator fan motors with PMS fan motors can be estimated.
For purposes of comparison, it was estimated that there are approximately 15.8×106 6–12 W
evaporator fan motors installed in commercial refrigeration equipment and beverage vending
machines and approximately 14.4×106 38–50 W evaporator fan motors installed in walk-in coolers
and freezers (Progressive Grocer, 2015; NACS, 2015; NRA, 2015; IBIS World, 2015; Statistic Brain,
2015).
For the baseline case, it was estimated that 15.1×109 kWh per year of site electricity is consumed
by the existing installed base of 6–12 W and 38–50 W evaporator fan motors. Assuming the cost of
electricity is 10.58 cents per kilowatt-hour (EIA, 2015), this translates into nearly $1.6 billion. Also,
assuming carbon dioxide equivalent emissions of 0.76 kg of CO2 per kilowatt-hour of electricity
delivered (Deru and Torcellini, 2007), the CO2 emissions associated with the currently installed base
of evaporator fan motors is estimated to be 11.4×109 kg.
If all 30.2×106 currently installed 6–12 W and 38–50 W evaporator fan motors were retrofitted with
PMS fan motors, the total site electricity consumption was estimated to be 8.0×109 kWh per year.
Thus, the total retrofit of all evaporator fan motors represents a site energy savings of approximately
7.1×109 kWh/year or 47%, resulting in an annual cost savings of $748 million compared with the
base case. Furthermore, PMS motors are estimated to reduce the annual CO2 equivalent emissions
by approximately 5.35×109 kg compared with the baseline.
Based on the site energy analysis presented, the potential source energy savings associated with
retrofitting existing 6–12 W and 38–50 W commercial refrigeration evaporator fan motors with PMS
fan motors can be estimated. Recall that “source energy” refers to the sum of the energy consumed
at the site (site energy) plus the energy required to extract, convert, and transmit that energy to the
site, whereas “site energy” refers to the energy directly consumed at the site (Deru and Torcellini,
2007). Furthermore, DOE estimates that the conversion from site to source electric energy is 3.16
units of source energy per unit of site energy (DOE, 2011). Therefore, if all currently installed 6–
12 W and 38–50 W evaporator fan motors were replaced with PMS fan motors, the total source or
primary energy attributed to all electric motors in central commercial refrigeration and beverage
vending machines could be reduced by 0.080 EJ/year resulting in a source energy consumption of
0.44 EJ/year, representing a savings of 16%.

6. CONCLUSIONS
This paper discussed various fractional-horsepower electric motor technologies used for evaporator
fan applications in commercial refrigeration, summarized data from a DOE-sponsored evaporator
fan motor laboratory and field demonstration project, and projected the potential economic and
environmental benefits resulting from upgrading the current installed base of commercial
refrigeration evaporator fan motors to PMS motors. The laboratory evaluation included dynamometer
testing of fan motors and airflow testing of motor/fan assemblies. Side-by-side comparisons of 6–
12 W display case evaporator fan motors was performed at six field test sites. Two field test sites
were selected to evaluate the 38–50 W PMS evaporator fan motors in walk-in cooler/freezer
applications. Finally, a whole-store retrofit was conducted at a supermarket.
Overall for the whole-store retrofit, the current supplied to all monitored evaporator fan motors was
reduced by 52%, the real power was reduced by 46% and the apparent power was reduced by 51%
following the retrofit of the 262 evaporator fan motors that were monitored. It was estimated that if
all currently installed 6–12 W and 38–50 W evaporator fan motors were replaced with PMS fan
motors, the total source or primary energy attributed to all electric motors in central commercial
refrigeration and beverage vending machines could be reduced by 0.080 EJ/year resulting in a
source energy consumption of 0.44 EJ/year, representing a savings of 16%.
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ABSTRACT
In this paper, the thermophysical properties of water-based single-walled carbon nanotube
nanofluids (SWCNTs-nanofluids) as cold storage media were experimentally studied. The detailed
measurements on the thermal conductivity, viscosity and density of SWCNTs-nanofluids with
SWCNTs concentration ranging from 0.1 to 1wt% were carried out in a temperature range of 1060°C. Thermal conductivity enhancement for SWCNTs-nanofluid is observed under the
experimental conditions, which increases with an increase in the concentration and temperature. In
addition, the viscosity of SWCNTs-nanofluid increases as increasing SWCNTs concentration but
decreases with increasing temperature. The maximum thermal conductivity enhancement of
SWCNTs-nanofluid is found to be 16.2% for the concentration of 1wt% at 60°C. Correspondingly,
the viscosity will be increased by the maximum value of 35.9%. SWCNTs-Nanofluids with the
higher thermal conductivity show great potential in the cold storage application.
Keywords: Cold storage; Carbon nanotube; Nanofluid; Thermal conductivity.

1. INTRODUCTION
Phase change cold storage is an effective method to realize peak load shifting and valley filling in
power grid. Existing cold storage materials have large supercooling degree. In order to achieve
nucleation and crystallization of cold storage materials, it is necessary to reduce the evaporation
temperature of refrigerators, which results in large energy consumption. Therefore, reducing the
supercooling of phase change materials has always been the goal of researchers. Supercooling
suppression induced by nucleating agents is an important solution. Nanofluids as a new cold
storage material for nucleating agent of nanoparticles have been proposed and investigated in the
recent [1-3].
Nanoparticles, nanosheets, nanofibers, nanotubes, nanowires, nanorods or droplets have also
been evaluated for the improvement of the thermal conductivity of phase change materials. He et
al. [4] studied the TiO2 nanoparticles in the aqueous solution of saturated BaCl2, indicating that
thermal conductivity increases nearly linearly with the volume fraction of the nanoparticles. An
increment of 16% in thermal conductivity was observed at room temperature. Liu et al. reported 15%
increment in the thermal conductivity for BaCl2 aqueous phase change solution with 1.13 wt% of
TiO2, with a decrement in the storage time of the ice storage from 541 to 421 min and the total
melting time from 269 to 160 min due to the high thermal conductivity of the nanoparticle additives
[5]. Wu et al. numerically investigated the fusion process of the paraffin doped with copper
nanoparticles [6]. After the addition of 1 wt% copper particles in the paraffin, the melting time
reduced by 13%, showing that the addition of the nanoparticles is an effective way to improve the
heat transfer in LHTES systems. Nazir et al. [7] summarizes the research carried out over the past
10 years on different additives in PCMs and the thermal properties obtained. It is evident from the
Table that alumina is the most commonly used additive, but the thermal conductivity has been
improved by 250% using carbon nanotubes, while thermal conductivity increased by 52.1% with
the combination of silica and alumina as additives. On the other hand, both the latent heat and
degree of supercooling were reduced with the use of nanoparticle additives.
In recent years, carbon nanotubes (CNTs) with high thermal conductivity have attracted particularly
close attention from researchers, which have also been used to realize nanofluids. CNTs with a
very high aspect ratio have unusual heat transfer properties. Along the length direction, they show
an excellent heat transfer performance. Besides, they possess a remarkable thermal property with
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ultra-high thermal conductivity (2000-6000) which is much higher than those of the metallic
(hundreds times) or their oxide nanomaterial used in nanofluids (tens times). Ding et al. [8] found
that thermal conductivity of CNT based aqueous nanoﬂuid increases significantly with the
temperature by 15% at 20°C, 30% at 25°C and by 79% at 40°C for the same volume fraction.
Khoshmehr et al. [9] investigated MWCNT-water with four different concentrations heat transfer in
boiling phenomenon. Moreover, Lotfi et al. [10] discovered heat transfer enhances in the presence
of multi-walled nanotubes in comparison with the pure water. From the recent researches, it is
demonstrated there is a substantial increase in the heat transfer performance of different CNTsnanofluids in comparison to their base fluids. In general, CNTs-nanofluids research has blossomed
in many different directions, and has attracted a great deal of attention to researchers. Further
research on various thermal features of CNTs-nanofluids is clearly essential to advance their
potential applications in industrial and civil fields.
In this study, the Single Walled Carbon Nanotubes (SWCNTs) with remarkable thermal
conductivity properties are used to prepare the phase change cold storage materials. Further, the
thermal physical properties of the nanofluid, including thermal conductivity, viscosity and density,
are investigated experimentally. The aim of this study is to provide a guide for selecting the
SWCNTs-nanofluid as a potential cold storage media.

2. PROCEDURES AND APPARATUS
The SWCNTs with long cylindrical tubular shape was applied in this work. The CNTs were
synthesized by catalytic decomposition of methane with cobalt catalyst, and then oxidized in air to
remove the activated carbon. The detailed properties of SWCNTs product are given in Table 1.
The morphological characterization was obtained using transmission electron microscopy (TEM),
which is shown in Fig. 1. In order to obtain the even dispersion solution, the surfactant of
Hexadecyltrimethylammonium bromide (CTAB) was selected as an additive, which was provided
by Sinopharm chemical Reagent Co., Ltd, China.
Table 1 Properties of SWCNTs

Properties
Outer diameter (nm)
Inner diameter (nm)
Length (um)
Aspect ratio
Special surface area (m2/g)
Thermal conductivity (W/m K)
Pure density (g/cm3)
Purity

value
1-2
0.8-1.6
5-30
2500-30000
>380
~4000
2.1
>90%

Fig. 1 The TEM image of SWCNTs

For preparation of SWCNTs-nanofluid with good dispersion stability, both the physical and
chemical methods were used in the present study. After dispersing the SWCNTs and surfactant in
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the based fluid, the mechanical mill and ultrasonication as physical methods were taken to ensure
the excellent dispersion stability of those SWCNTs suspensions, respectively. The NETZSCH
laboratory sand mill with MINICER 993.0490, provided by SIEMENS Co., Ltd., was employed for
grinding the SWCNTs-nanofluid. Ultrasonic vibration on the prepared nanofluid was undertaken at
the settling time of 60 min using a KQ2200DB numerical control ultrasonic oscillator after grinding
the nanofluid in grinding miller for 120 min.
The SWCNTs-nanofluids at mass fraction of 0.1-1wt% were prepared by the above mentioned
method. In order to verify the long stability of sample SWCNTs-nanofluids, the stability with time
was examined using a common observation method. Fig. 2 shows the photo of the samples of
SWCNTs-nanofluid taken by using a digital camera, where they correspond to the new preparation
samples and sedimentation samples after two months. After sedimentation, the SWCNTs-nanofluid
without surfactant of CTAB displays severe agglomeration and sedimentation as shown in Fig. 2
(b). However, the SWCNTs-nanofluid samples with added CTAB have lesser variations in color
and precipitation of solution over a substantially long period of time. There is no layered
phenomenon and less sedimentation in each sample can be found from the photo. Hence, the
prepared SWCNTs-nanofluid with CTAB samples could meet application needs for next tests.

Fig. 2 The photo of SWCNTs-nanofluids: (a) fresh samples; (b) after two months

The transient hot-wire method was used to measure the thermal conductivities of the SWCNTsnanofluid. The experimental apparatus TC3010L was provided by XIATECH Co. Ltd.. The
measurement accuracy is within ±2%, repeatability is ±2% and the measurement range is 0.0015.0 . Applying voltage to a hot wire causes a temperature rise of sample fluid surrounding the hot
wire and the variation value depends on the thermal conductivity of fluid. A Wheatstone bridge is
used to measure the resistance variation of the hot wire, which is determined by the measured the
voltage across the bridge and the temperature of the hot wire.
The dynamic viscosity and density are measured with a vibrating wire viscometer & densimeter.
The viscosity and density can be detected simultaneously using vibrating wire method. The
experimental apparatus VS3000 was provided by XIATECH Co. Ltd.. For the viscosity,
measurement accuracy is within ±2%, repeatability is ±2% and the measurement range is 0.1~15 .
Accordingly, measurement accuracy is within ±0.5%, repeatability is ±0.2% and the measurement
range is 500-2000 for the density measurement.

3. RESULTS AND DISCUSSION
3.1.

Thermal conductivity

Thermal conductivities of SWCNTs-nanofluid with various mass concentrations at different
temperatures are shown in Fig. 3. As can be seen from the figure, SWCNTs-nanofluids can obtain
higher thermal conductivity values than that of the base fluid. Furthermore, the thermal conductivity
increases with an increase in the mass fraction of SWCNTs and temperature. The increment of
thermal conductivity from 0.6032 to 0.7055 was obtained at 0.1wt% mass concentration, and the
increment from 0.6268 to 0.7602 was obtained at 1wt% mass concentration in the temperature
range of 10 °C to 60°C. The enhancement is caused by the Brownian motion of the particles. The
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results show that comparing to the pure water, the maximum thermal conductivity enhancement
ratio of SWCNTs-nanofluid obtained for 1wt% SWCNTs at 60°C were found to be 16.2%.
Consequently, the SWCNTs-nanofluid shows great potential to be used as advanced heat transfer
fluid.

Fig. 3 Experimental thermal conductivity of SWCNTs-nanofluid

Fig. 4 displays a comparison of thermal conductivity ratio between experimental results and
predictive models, which is defined as the ratio of thermal conductivity of nanofluid ( ) to the
thermal conductivity of base liquid ( ). From the experimental results, higher thermal conductivity
ratio can be observed with increasing SWCNTs loading in DIW and the temperature of nanofluid.
When the temperature is varied from 10 to 60°C, the thermal conductivity ratios predicted by
Hamilton-Crosser model are almost identical at the same percentage of mass concentration. Thus,
this model is inappropriate to predict the thermal conductivity of the SWCNTs-nanofluid because
the predicted values are lower than the experimental results. In fact, Hamilton-Crosser model only
considers the effect of temperature on the base fluid thermal conductivity while varying the
temperature. It is not enough to reflect the effect of temperature on the thermal conductivity of
nanofluid. This indicates that the important role of other factors has been neglected in this model.
Further modified model need to be developed by considering the effect of the motion of
nanoparticles in the fluid.

Fig. 4 Experimental thermal conductivity ratio in comparison with the Hamilton-Crosser model

3.2.

Viscosity

When applying nanoparticles into fluid to improve the thermal conductivity, another important
transport property of viscosity is also changed, and thus that affects the thermal performance of
heat transfer devices. Fig. 5 shows the viscosity of SWCNTs-nanofluid along with various mass
fractions at different temperatures. It is observed that the viscosity of the SWCNTs-nanofluid
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increases with an increase in the nanoparticles concentration and decreases with the increasing
temperature. The viscosity for concentration of 0.1wt% is increased from 6.88% to 8.30%
compared to DIW in the temperature range of 10°C to 60°C. Similarly, for the SWCNTs-nanofluid
of 1wt% concentration, the viscosity is enhanced from 26.53% to 35.90% compared to DIW as the
temperature varied from 10 °C to 60 °C.

Fig. 5 Experimental viscosity of SWCNTs-nanofluid

3.3.

Density

Fig. 6 shows the density of SWCNTs-nanofluids at different temperatures in the concentration
range of 0-1wt%. It can be clearly seen that the density of DIW and the SWCNTs-nanofluids
decreases with the increase in temperature at the same concentration. When the temperature
increases from 10°C to 60°C, the density of DIW decreases from 999.61 to 984.12 . Typically, the
density of the 0.1 wt% SWCNTs-nanofluid decreases from 1000.13 to 984.65 and the density of
the 1 wt% SWCNTs-nanofluid decreases from 1004.88 to 989.46 as the temperature increases
from 10°C to 60°C. Furthermore, it is indicated that the density of SWCNTs-nanofluids increases
with the increase in the mass fraction of SWCNTs. The variation of density is 0.52-0.54% at the
mass concentration of 1wt% for the different temperatures of SWCNTs-nanofluid. Consequently，
the addition of SWCNTs has a slight influence on the density of the base fluid.

Fig. 6 Experimental density of SWCNTs-nanofluid

4. CONCLUSIONS
In this study, the SWCNTs nanofluids were prepared with highly dispersion stability as the cold
storage media. The thermophysical properties of SWCNTs-nanofluids including thermal
conductivity, viscosity and density were measured and discussed with the mass fraction of 0.1-1wt%
in the temperature range of 10-60°C. Thermal conductivity enhancement of SWCNTs nanofluid is
observed under the experimental condition and further increases with an increase in the
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concentration and temperature. The viscosity of SWCNTs-nanofluid increases as increasing
SWCNTs concentration and decreases with the increasing temperature. The maximum thermal
conductivity enhancement of SWCNTs-nanofluid is found to be 16.2% for concentration of 1wt% at
60°C. Correspondingly, the viscosity will be increased by the maximum value of 35.9%.
Consequently, the thermal conductivity of nanofluid cannot be considered alone as a criterion for
nanofluid selection.
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ABSTRACT
The few technologies actually used to store electricity need to be improved while new solutions to
overcome the intermittency of the renewable energy need to be developed. Demand response
(DR) is one of the levers that can help to balance the electricity grid. Warehouses and cold rooms
by their high thermal inertia are promising candidates for applying DR. However, the DR impacts
(temperature rise and energy impact) can present a challenge to the DR deployment. These
impacts were evaluated in the present work using two approaches for the modelling of a cold room
and its refrigeration system:“white box” (based on energy balance) and “black box” (machine
learning). An experimental pilot to measure DR effects in a loaded cold room was also developed.
The comparison between these two approaches and the experimental results were performed to
select a suitable method to be implemented. Several DR scenarios were tested in order to choose
the right condition for DR application.
Keywords: demand response (DR); refrigerated warehouse; modeling; thermal behavior; energy
consumption

1. INTRODUCTION

Many countries around the world, in particular in Europe are interested in reducing electricity
consumption by using the strategy of Electrical Demand Response (DR). DR consists in changing
the electricity used by end-users from their usual energy consumption patterns for a period in
response to monetary incentives. So it can mean non-consumption of electricity (power cutting-off),
or the shift in consumption in order to better match the power demand with the electricity supply.
With a potential estimated at 10% of the available power, DR is one of the levers allowing a better
management and balancing between the energy production and energy consumption. The
refrigerated storage industry represents a substantial electrical load with a total number of 1.7
million of cold stores in Europe, accounting for 60–70 million m 3 of storage volume and high energy
consumption (specific energy consumption (SEC) between 4 and 250 kWh m −3 year−1, Evans et al.
(2014)). More specifically the average SEC of the refrigeration system used for frozen products is
66.2 kWh m −3 year−1.
Cold stores have a high potential for DR, thanks to the thermal inertia of stored products. However,
the control of the refrigeration food quality requires that the air temperature in the room must not
exceed a given maximum temperature, except for short term fluctuation (Brooks, Green, Cleland,
& Senior, 1999). In order to choose the best way to implement DR, it is necessary to predict the
system behavior during and after the DR application.
Recent studies have focused on the importance of the prediction of energy consumption
(Amasyalia & El-Goharyb, 2016; S. Karatasou, Santamouris, & Geros, 2006) and air temperature
inside a building (H.U Frausto, J. G. Pieters, & J. M.Deltour, 2003; H.U. Frausto & J.G. Pieters,
2004; Mustafaraj, Lowry, & Chen, 2011). Many approaches seem to be adapted to predict thermal
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behavior and evaluation of energy performance of a cold store. Generally, three types of modeling
approaches: data driven, physics based and grey box have been used for similar systems.
Modeling methods are reviewed in (Afram & Janabi-Sharifi, 2014).
Nevertheless, the prediction of the system behavior in terms of temperature rise and energy impact
can present a challenge to the DR deployment in cold storage (refrigeration warehouse and cold
room). Few studies are devoted to evaluate the impacts of DR. (Brooks et al., 1999) have
investigated experimentally the potential use of the thermal inertia of frozen products to shift the
electricity consumption, the air and product temperature rise was less than 4°C when the
refrigerated supply was cut off for 8 hours, while still leaving the fan on to ensure uniformed
storage conditions.
The present paper focuses on the comparison between black box and while box models to predict
the system behavior during and after DR period. Literature reviews related to these two
approaches are presented in the following paragraphs. Developed models are validated by
experimental data.
1.1.

Data driven models (Black-box)

In this case, the physical constitution of the system is ignored. This approach is often favored by
the energy management/DR operators to predict the behavior of HVAC systems. The modeling is
essentially constructed by mathematical relations linking the inputs and the outputs of the system.
These models have the particularity that its relations are parametric equations (algebraic,
differential, or recurrent) and its parameters can be obtained by having little knowledge about the
studied system and its processes. The black-box depends entirely on the experimental data
(temperature, energy…). So, it can only be developed if these data are available. This approach is
described by a simple schema (Fig.1).
Several categories of data driven models can be distinguished. Black-box models can be
differentiated mainly into two groups: linear parametric and non-linear models (Afram & JanabiSharifi, 2014; Kramer, van Schijndel, & Schellen, 2012). As cold storage is a dynamic system with
time variation, the non-linear model is chosen to predict the system behavior in terms of
temperature fluctuation and energy consumption.
A wide variety of data mining and machine learning algorithms, such as artificial neural networks
ANNs is applied in behavior system predictions (Mustafaraj et al., 2011). (X. Qiu, L. Zhang, G.
Amaratunga, & P. N. Suganthan, 2014) have used different methods of deep learning, among
which Deep Belief Networks (DBN), Vector Regression (SVR), Recurrent Neural Networks (RNN),
and Feedforward back-propagation Neural Network (FNN), for regression time series based on
electrical load demand data. As the obtained results are promising, these methods can be
adapted to the prediction of time series.
In our case we choose the methods of deep learning, one of derived technologies of machine
learning and artificial intelligence such as convolutional neural network, long short term memory.
Several data driven models, adapted to the implementation of DR strategies, are tested.

Figure 1: Simplified representation of the data driven approach

1.2.
Physics based models (white box)
Physical knowledge of the system is used to develop the models and their mutual interaction. It is
based on equations describing the physical phenomena that occur in the system, such as the heat
balance on the building taking into account the given cooling capacity. These models are obtained
based on the conservation equations for energy and mass balance. Many simulation programs,
such as EnergyPlus (D. B. Crawley et al., 2004), ESP-r (Anonymous, 2002; Ben-Nakhi &

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3350

Mahmoud, 2004), TRNSYS (T. Berthou, Stabat, Salvazet, & Marchio, 2012; Thomas. Berthou,
Stabat, Salvazet, & Marchio, 2014), DeST (Li, Meng, Cai, Yoshino, & Mochida, 2009), as well as
others tools use physical models(Drury B. Crawley, Hand, Kummert, & Griffith, 2008). This
approach requires detailed knowledge of heat loads in the storage, refrigeration machine behavior
and other detailed information on the characteristics of the system.
Cold storage environment is a very complex system and depends on the conception of the
refrigerated stores and of the weather, climate conditions (H.U Frausto et al., 2003). Although
studies (X. Qiu et al., 2014; Xue, Wang, Yan, & Cui, 2015) have been carried out in the very broad
framework of DR, no such method seems to have been applied to electrical erasure in the cold
field. Given the energy importance of this area, this leaves a panel of important possibilities, which
could make it possible to demonstrate or invalidate the use of DR in cold rooms and cold stores.

2.

MATERIALS AND METHODS

2.1.
Experimental setup
The cold room used in this study is about 2.4m long x 2.4m width x 2m high. For wall insulation, a
10cm layer of polyurethane with λ=0.023W/m.K is used. A global heat transfer coefficient
Uc=0.29W/m2K is obtained by measurement. The room temperature is controlled using an on/off
strategy and is kept at -16.3 °C (within a limited range (set-point) between -15.5°C and -19°C). The
refrigerated unit consists of a single evaporator with single speed fan. The measured coefficient of
performance (COP) is 1.4 at -16°C. The cold room is installed inside an external cell equipped with
an air conditioning unit to simulate the meteorological conditions (summer, spring…). To limit the
infiltration load, the doorway is kept closed during measurements. In order to measure the air and
product temperature, thermocouple sensors are used (Fig. 2). These thermocouples are distributed
as follows:

•
•

3 for cold blowing air (Ts) and 3 for return air (Tr)
14 for air temperature inside the cold room (𝑇𝑖𝑛𝑡 ): 6 in the middle of each wall, 1
near the door, 1 at one wall surface (sample inside cold room), 6 at the corners (2
other corners are not accessible by thermocouples)
• 5 for air temperature in the external cell (Text) on the surface of each wall
Two wattmeters are used to measure the instantaneous electricity consumption of the refrigeration
system (compressor and auxiliary).

Figure 2 : the configuration of the cold room (red dots representing thermocouple positions)

2.2.

Model development

2.2.1. Data driven model
Among the existing nonlinear models, Stacked LSTM (Stacked Long Short Term Memory) was
chosen in this study. This model consists of a stack of several layers of LSTM. The LSTM is a
recurrent neural network, which has been used to solve many time sequence problems; the LSTM
provides good forecasting results because it permits to keep short-term information (recent
changes and current data trends) and long-term information (periodicity, recurring or non-recurring
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events) (Ping-Huan & Chiou-Jye, 2018). In some prediction problems, it is indeed very
advantageous to increase the depth of a network to obtain much better results.
Two phases are needed to identify the model: training period (blue line in Fig.3) and test period
(red line in Fig.3), which are represented as time series data. The training phase allows the
identification of the constants of the chosen mathematical model and the test phase makes it
possible to check the relevance of the model based on known past events (recent observations). It
is important to choose a training period long enough to contain a representative panel of modes of
excitation of the system to be modeled and a time step small enough to take into account fast
dynamics. For this study we have two series of data.
2.2.2. Time series data
A. Time series data 1 is obtained with an empty room: the training period is fixed at 3.5 days (60%
of the total data), the test period is fixed at 0.5 days (40% of the total data) and the simulation time
step is fixed at 20 seconds. The DR has 1 hour of duration (bigger peaks in Fig.3) and it is applied
with an automatic period (3h between 2 DR). In addition, we manage that the defrosting periods
(10 minutes, smaller peaks in Fig.3) do not occur during a DR event (Fig.3).

Figure 3 : Measured air temperature inside room (training and testing period) series 1

B. Time series data 2 is also obtained with an empty room: data is recorded during two weeks, the
repartition between training and testing periods is also 60% and 40% of the total data. The
simulation time step is fixed at 5 second. 3 different durations (30 minutes, 1 hour and 2 hours)
were applied for DR. These periods are spread over several days with one DR at fixed times per
day for five days. For this series, the defrost periods are not controlled, so the defrost and DR
periods can overlap as shown in figure 4 at 5890 second (the defrosting of the fan is not complete
because it is interrupted by DR).

Figure 4 : Measured air temperature inside room series 2

C. Input and output data
For the two data series, the average of the set temperature is -16.3°C and the outside temperature
is 20°C for the first data set and 17°C for the second data set. The inputs and outputs of the model
are the same for the two time series 1 and 2. The data for this study are obtained by experimental
measurements and additional features have been added in order to obtain better results:
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-

-

Dr [0, 1] - DR periods, binary data to indicate if at a time step t, the system is in a DR period
(1) or not (0), including both the phase when the cooling system is turned off and the
rebound phase of cooling (cooling system works to restore the set temperature).
Def [0,1] – Defrosting periods, binary data, to indicate if at a time step t, the system is in a
defrosting period (1) or not (0).
Comp [0,1] - Compressor on/ off periods, which happen very regularly and in some
punctual ways, also a binary data.
Time Dr, the elapsed time since the last DR, allows the model to predict better the behavior
of the cold room in the moments following the DR, while the state is not yet stabilized.
Time def, the elapsed time since the last defrost, also allows predicting better the behavior
of the cold room in the moments following the defrost step.

Input and output of the system are summarized in Table 1
Table 1. Inputs and the outputs of the data-driven model

Output
Input

Name

Description

Tr (°C)

air return temperature inside room

P (W)

Electric power consumed

Text (°C)

Outside temperature

Def [0,1]

Defrost period

Dr [0,1]

Demand response period

Time def

The elapsed time since the last erasure

Time Dr

The elapsed time since the last defrost

Comp [0,1]

On/ off compressor

2.2.3. Physics based model
The model is developed in python and is used to simulate the dynamic air temperature inside the
room and energy consumption by the compressor.
This model is based on equations describing the physical phenomena that occur in the system,
such as energy and mass balance equations and the heat transfer phenomena in the building
taking into account the given cooling capacity.
The model is chosen for its capacity to represent the main physical phenomena of the different
type of cold storage (cold room and refrigeration warehouse). It is a compromise between
simplicity (thus generic and easily identifiable) and precision (better taking into account the
dynamics of the system).

3. RESULTS AND DISCUSSION

The two models (data driven model and physic based model) are compared with the experimental
data on their capacity to predict the air temperature inside the room.
These figures present a zoom on a period where the evolution of air temperature and energy
consumption before, during and after DR can be observed.

3.1.

Data driven model

Fig.5 presents the comparison between the return air temperature (T r) obtained by the data driven
model (stacked_LSTM, blue curves) and experimental data (red curves) in the test period. In these
two cases (series 1 and series 2) the duration of DR is 1 hour. In Fig.5a, the air temperature
obtained by the stacked LSTM model predicts well the dynamics of the system. The presence of
the small disturbance is due to external noise. Fig.5b presents the temperature evolution obtained
with the time series 2. The model also shows a good prediction of the air temperature rise during
DR, although DRs are fewer and more spaced than in the time series 1 (Fig.5a).
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A slight difference between experimental data and model is observed. Data obtained by two
measurement time steps (20 s - Fig.5a and 5 s - Fig.5b) were tested and the model is more
sensible to noise with data obtained with smaller time steps. These preliminary results will be the
source of improvement in future works by integration of signal analysis, for example the Fast
Fourier Transform (FFT), which identifies the nature of the signals.

(a) Inside air temperature with series 1

(b) Inside air temperature with series 2

Figure 5: Comparison between the result of data driven model and experimental data for inside air
temperature with 1 hour of demand response (DR)

Fig.6 presents the comparison between the energy consumption obtained by the data driven
model (stacked_LSTM, blue curves) and experimental data (red curves) in the test period. For
Fig.6a, we observe that energy consumption obtained by the stacked LSTM model follows the
energy consumption obtained by experimental data with the presence of the small difference in the
period of demand response; this can be due to the short period of training. For Fig.6b, a good
prediction is obtained by the stacked LSTM model. These results are very promising for the
prediction of energy consumption by neural networks models.

(a) Energy consumption with series 1

(b) Energy consumption with series 2

Figure 6 : Comparison between the result of data driven model and experimental data for energy
consumption by compressor with 1 hour of demand response (DR)

3.2.
Physics based model
Fig.7 presents the comparison between the results of physics based model (red curves) and
experimental data (blue curves). In Fig.7 (a and b), the air temperature obtained by the physics
model does not really follow the dynamics of the system. This model is very simplified (based on
calculated heat loads); it is not designed to predict the system behavior in short terms of fluctuation
of temperature. However the model predicts the same temperature range as experimental data.
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a) Inside air temperature with 30 min of DR

(b) Inside air temperature with 1hour of DR

Figure 7 : Comparison between the result of physics model and experimental data for inside air
temperature

4. CONCLUSIONS
In this study, the two approaches of modelling (data driven and physics based) were developed.
An experimental device has been set up to validate these models. This device is also used to
collect the data (inputs and outputs) for the development of both approaches. The obtained results
show that the neural network succeeds in predicting the system behaviour. They appear to be
promising for their use in prediction of Demand response impacts.
As perspectives:
- Data driven model: the results will be improved and more data will be applied for the model.
- Physics based model: will be improved by including more short term dynamics and adapted
to our case.
- Experimental device: the room will be loaded with products (the previous tests were
performed with an empty room) and different scenarios of DR will be tested (duration,
percentage of the load, season …) and more data will be collected and will be tested with
modelling.
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ABSTRACT
Environmental concerns have triggered a series of activities globally to curtail the use of high GWP
hydrofluorocarbons (HFCs). Many of these alternative refrigerants are mildly flammable (A2L
safety classification per ASHRAE 34).
To properly address A2L refrigerants in safety standards, the Air-Conditioning, Heating, and
Refrigeration Technology Institute (AHRTI) undertook a research project to investigate A2L
refrigerants, specifically to carry-out leak and ignition testing under whole room scale conditions.
This paper summarizes the results of A2L refrigerants R-455A and R-457A leak and ignition tests
for a walk-in cooler system. A 12x14x8ft walk-in system was built with a ceiling mounted unit cooler
installed inside the walk-in box. The testing simulated refrigerant leaks from the evaporator with
ignition sources present. The results showed that the leak location (coil face vs. return bend)
influenced the ignition results. The maximum temperatures observed inside the walk-in box were in
the range of 1500~1700F in ignition events.
Keywords: Refrigerant, Flammability, Walk-in cooler.

1. INTRODUCTION
The air conditioning and refrigeration industry is undergoing a transition from high GWP
refrigerants to lower GWP refrigerants. The AHRI Low-GWP Alternative Refrigerants Evaluation
Program (Wang et al, 2014 and 2016) has shown that many promising alternatives are classified
as A2L (mildly flammable, such as HFOs) or A3 (flammable, such as hydrocarbons) according to
ASHRAE Standard 34 (ASHRAE, 2016).
To allow flammable refrigerants to be practically used in the field, relevant safety standards and
building codes must be changed to adopt the use of these refrigerants. In order to support code
and standard activities related to the use of flammable refrigerants, AHRI surveyed committees
and working groups working on flammable refrigerants related standards for existing knowledge
gaps of using flammable refrigerants. Among the survey responses, the top priority research needs
were identified below:
• Whole room or real life leaks, with ignition sources present, are needed to validate or
recalibrate current AHRI and OEM risk assessments.
• The HVAC industry needs to understand the risk/consequence after refrigerant ignition, in
order to establish quantified risk tolerance limits for severity of event rather than just
probability of ignition.
• The HVAC industry needs to assess the ability of 2L refrigerants to sustain an ignition (with
% oil included), and possibly cause a secondary combustion event compared to current
refrigerant/lubricant systems which are proven in use.
To address these identified needs, AHRTI launched a research project to conduct whole room
scale testing. The testing was conducted by UL at its test facility in Northbrook, IL. The objective of
the project was to conduct refrigerant leak and ignition testing under whole room conditions to
understand the potential ignition associated with the use of A2L refrigerants as opposed to the A1
refrigerants currently in use while considering ambient conditions (temperature and humidity) and
refrigerant lubricants (Gandhi et al, 2017).
The entire project included parametric testing to investigate how variables (ambient, refrigerant
amount etc.) influence the ignition and scenario testing to investigate the refrigerant flammability
under whole room scale. Whole room scale testing consisted of scenarios that represented
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refrigeration and air conditioning applications. The refrigeration applications included a
convenience store with reach-in cooler and a walk-in cooler inside a commercial kitchen. Air
conditioning scenarios included (i) motel room with PTAC unit; (ii) residential basement with split
air conditioning unit; and (iii) commercial kitchen with a rooftop unit. The residential scenarios
considered the impact of refrigerant leak at the A-coil into the hallway and servicing error. Data
were also developed on fire hazards from the failure of hermetic electrical pass-through component
of a residential air-conditioning unit.
The parametric testing and results of residential air-conditioner and reach-in cooler tests were
previously presented (Wang et al, 2018). This paper is only a high level summary of the walk-in
cooler tests done by UL, More detailed information is contained in the project final report (Gandhi
et al, 2017).

2. TEST SETUP AND PROCEDURES
Two A2L refrigerants were tested for the walk-in cooler. Their information is listed in Table 1. They
have different burning velocity within the 2L category. R455A has a much lower laminar burning
velocity and higher Lower Flammability Limit (LFL) than R457A.
Table 1. Test refrigerants properties

Parameter
Lower Flammability Limit
(LFL, %
volume)
(LFL, kg/m³)Sea Level
(LFL, kg/m³) 200 m (650 feet)
Upper
Flammability
Limit
(UFL,
% volume)
Laminar Burning Velocity (cm/s)
Composition (% mass)

R-455A

R-457A

11.8

6.0

0.423
0.415

0.215
0.211

12.9

18

<1.5
R1234yf/R32/R744
(75.5/21.5/3)

6.3
R1234yf/R32/R152a
(70/18/12)

During the test, the refrigerant in liquid phase was released into the walk-in box with variety of
viable ignition sources present. The refrigerant release system is illustrated in Fig. 1. Its two main
components are a pressurizer tank and a release tank that are equipped with accessories such as
control valves and temperature and pressure measurement. Both tanks contained the same
refrigerant and were submerged in heated water tanks to achieve desired pressure and
temperature conditions. The pressurizer tank ensures the release tank to release liquid refrigerant
to the test room at a constant rate. The refrigerant release rate was controlled by a control valve
that continuously adjusts its opening according to the feedback from the mass flow meter. The
release system can perform tests including lubricating oil with injecting lubricants to the refrigerant
stream using a gear pump; however the walk-in cooler tests only used pure refrigerant without
lubricant.
The ignition sources used in the scenario tests included electric arc ignition sources and open
flame sources consisting of tea candles (38.1 mm (1.5 inch) in diameter). The tea candles were lit
manually prior to start of tests. The electric arcs were created by a step-up gas tube transformer.
The electric arc transformer was continuously energized for several minutes during the tests. A full
scale walk-in cooler was built to simulate real application. The plain view of the test setup is shown
in Fig. 2. The walk-in box dimensions were 3.7x4.3x2.4 m (12x14x8 ft). Objects representing
shelves were located in the walk-in box. A ceiling-mount unit cooler was installed toward one end
of the room opposite to the walk-in door. The locations of the instrumentation, and ignition sources
were located in clusters at locations A, B, C and D shown in Fig. 2. A total of 24 Type K
thermocouples were used to measure the temperature at different locations and heights within the
walk-in box. The thermocouple response time was approximately 3 seconds. The leaked
refrigerant gas concentration in the test room was measured by total hydrocarbon analyzers
calibrated for the specific refrigerant of interest. High definition video cameras installed at different
angles to document the test events. The location of thermocouples, electric arc igniters and
refrigerant concentration sensors are shown in Fig. 2.
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Figure 1: Schematic of the refrigerant release mechanism setup (Gandhi et al, 2017)

The general procedure for testing was to get the refrigerant release system ready, light the
candles, turn on electric arcs, and initiate the data acquisition system 60 seconds prior to release
of the refrigerant. When the target quantity of refrigerant was released with the target flow rate,
refrigerant sampling through the refrigerant sensors was discontinued. The data were collected
until all flaming had ceased for at least 2 minutes. At the end of a test sequence, the test room was
exhausted through a smoke abatement system and replenished with fresh air. After each test, the
test facility was exhausted through UL’s smoke abatement system, and the conditions in the facility
were monitored with open path gas FT-IR.
The test matrix is shown in Table 2. The tests simulated a ceiling mounted commercial refrigeration
unit with the refrigerant leak in the evaporator section. The leak occurred at either the coil face or a
return band inside casing when the door of the walk-in box was either open or closed. The
refrigerant release quantities were based on the proposed charge limit per a draft version of IEC
Standard 60335-2-89. The draft was developed by IEC Subcommittee 61C, Safety of Refrigeration
Appliances for Household and Commercial Use, Working Group 4 Commercial Refrigerating
Appliances using more than 150 g of Flammable Refrigerant. The draft standard required that the
flammable refrigerant charge limit was 13 times LFL of a particular refrigerant (13 m^3×LFL
kg/m^3). For this reason the release amount for R-455A and R-457A was calculated to be 5.4kg
and 2.7kg respectively. The release in all cases was set to 50 g/s through a 3/8 inch diameter
copper tube.
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Figure 2: Schematic of the walk-in cooler test setup (Gandhi et al, 2017)
Table 2. Walk-in cooler test matrix

Refrigerant

Test
Number

R-455A
R-457A
R-457A
R-455A
R-455A
R-457A
R-455A

Walkin08
Walkin09
Walkin10
Walkin11
Walkin12
Walkin13
Walkin14

Door
Condition
Closed
Closed
Open
Open
Closed
Closed
Open

Leak Location
Return Bend
Return Bend
Return Bend
Return Bend
Coil Face
Coil Face
Coil Face

Planned
Discharge
(kg)
5.4
2.7
2.7
5.4
5.4
2.7
5.4

Discharge Rate
(g.s-1)
50
50
50
50
50
50
50

3. TEST RESULTS
For walk-in cooler tests, the first two tests were for R455A and R457A at a target charge level with
the walk-in door closed. The leak was created at the coil return band. This would be the worst case
scenario when leaked refrigerants were trapped inside the walk-in box. Ignition occurred for both
tests, however, R457A showed a localized ignition only. Higher temperatures were observed for
R455A. Then, the tests were repeated with the walk-in door open to see if the refrigerants ignition
may be mitigated due to the fact that they can dissipated outside the walk-in box. The remaining
three tests were conducted for the leaks occurring at the coil face. The ignition was observed for
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R455A at the 5.4kg charge level but with a less severity than the leak at return band. No ignition
was observed for R457A.
The location of the discharge influenced ignition results. Tests with the discharge at the return
bend forced the refrigerant to leave the unit cooler through the condensate drain and drop to the
floor because the refrigerant momentum was significantly reduced in this process. This direct path
to floor level and less mixing with air resulted in flammable refrigerant mixtures. In contrast, the
discharge through the coil face resulted in turbulent mixing of the refrigerant with air before the
cooled mixture dropped to the floor. This indirect path to floor level resulted in less flammable
mixtures. The position of the door, open or closed, appeared to have little impact on ignition
results. Fig. 3 shows a bar chart of maximum temperature for the seven experiments based on the
three factors of: Refrigerant type (R-455A or R-457A), Discharge Location (Coil Face or Return
Bend), and Door Position (Closed or Open). The chart shows that ignition of the R-455A discharge
lead to the highest temperatures, but only from the return bend. There was no ignition for either
refrigerant when discharged from the coil face. There was a small effect on maximum temperature
depending on whether the walk-in door was open or closed. Tests showed that ignition occurred
only at locations A, B, or C in Fig. 2. No ignition occurred at location D (near the walk-in door).

Figure 3: Maximum temperature versus discharge location and door position (Gandhi et al, 2017)

4. DISCUSSION
Due to the limited resources, only typical equipment and setup were tested. Care must be
exercised when attempting to make broad conclusions because small statistical sample sizes were
used for most tests. It must also be stressed that the testing was more focused on understanding
the ignition event severity, rather than the probability of the refrigerant ignition event. Some tested
ignition events represented the scenarios with low probability of occurrence. For instance, ignition
sources used in the testing had sufficient energy (i.e., much greater than the minimum ignition
energy) to cause ignition of a flammable mixture. In addition, ignition sources were located where
combustible mixtures were most likely to occur. Therefore, some relatively low probability events
were forced to occur. The intention was to establish the worst case scenario using the most
conservative way so that relevant standard working groups and manufacturers can build upon
them with additional requirements and design features to mitigate potential risks.
In the testing, thermocouples were used to measure temperatures; however, their readings do not
reflect actual flame temperatures. The instantaneous temperatures of the flames are higher than
what the thermocouples recorded because thermocouples have response time delay, and the
flames have fast movements. This may create a difficult time when the measured temperatures are
used to validate modeling simulations; however, the relative values and trends among different
scenarios do reflect the different severity levels for tested scenarios.
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5. SUMMARY
The testing provided the following key learnings:
The location of the discharge had a significant effect on ignition results. When the refrigerant
release occurred at the return bend of the evaporator in the unit cooler, the refrigerant was forced
to leave the unit cooler through the condensate drain and drop to the floor. This direct path to floor
level (approximately 7 ft., 2.1m) resulted in flammable refrigerant mixtures. In contrast, the
discharge through the coil face resulted in turbulent mixing of the refrigerant with air before the
cooled mixture dropped to floor. This indirect path to floor level resulted in greater mixing of the
refrigerant with room air. There was no ignition of the refrigerant when the discharge was from the
coil face due to turbulent mixing before the mixture dropped to the floor. The position of the test
room door, open or closed, appeared to have little impact on ignition results.
The testing was more focused on understanding the ignition event severity, rather than the
probability of the refrigerant ignition event. The future work should include characterization of
refrigerant leak scenarios with actual equipment in “on” and “off” states, and real world ignition
sources in terms of ignition energy, quantity, spatial location throughout the room, and activation
frequency.
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ABSTRACT

The paper details the decommissioning of several existing HFC based, air-cooled refrigeration plants
servicing a refrigerated warehouse and replacement of these with a central, low charge, dry
expansion, NH3 based refrigeration plant.
Comparisons are shown between the recorded energy performances of the new DX, NH3 system
and those of the previous HFC based systems. The basis of this comparison are the supply authority
records of the electrical energy consumed by the HFC plant and the consumption records generated
using the SCADA system of the new ammonia plant.
The geographic location of the plant is Mackay, North Queensland, Australia. High ambient dry
bulb/wet bulb temperatures characterize this region.
The paper discusses the technical and economic viability of NH3 DX based solutions for the small to
medium capacity range such as this. Technical details and images of the former HFC plant as well
as the replacement DX type, central NH3 installation are also provided.

1. INTRODUCTION
Around one third of all signatories to the Kigali Amendment have now ratified it. The Kigali
Amendment to the Montreal Protocol commits the signatories to a gradual phase-down of the
consumption of hydrofluorocarbon (HFC) refrigerants. In many non-Article 5 countries, the HFC
phase-down commenced January 2019. In other jurisdictions, the HFC phase-down has been a
reality for much longer. In 2007 Denmark was the first country in the world to ban HFC’s in all systems
with refrigerant inventories <0.15 kg and >10 kg; the European Union started the phase-down of
HFC’s in January 2015.
The official commencement of the HFC phase-down in Australia was January 1, 2018. Between
2019 and end of 2036, HFC importation into Australia is scheduled to reduce gradually from 8,000
tons CO2e to < 2,000 tons CO2e.
In January 2019, fifteen of the hottest locations in the World were in Australia with the highest nighttime temperature of 35.9°C recorded at Noona in central New South Wales. The year 2018 was the
third warmest year ever recorded for the Australian continent. Three years ago, Australia started
using the 55°C isotherm on the weather maps. Many refrigerated warehouses in the major urban
centres of Australia are now being designed to accommodate ambient dry bulb temperatures >45°C
for three consecutive days with a peak of up to 48°C within that three day period.
Leapfrogging low global warming potential, synthetic refrigerant blends in new RACHP installations
raises special challenges in Australia. Not only is this because of the high ambient temperatures. It
is also due to the generally low level of awareness of natural refrigerant-based solutions and a
relatively low level of preparedness for the imminent proliferation of flammable working fluids.
Several solution providers in Australia offer imported transcritical CO2 based packaged systems for
retail and refrigerated warehouse applications. In jurisdictions with high ambient temperatures, these
solutions do not deliver energy efficiencies significantly better than the HFC solutions they replace,
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if at all. In the interest of compliance with the Paris Climate Treaty, Australia must therefore seek to
implement RACHP solutions that not only eliminate the dependence upon HFC refrigerants, but also
reduce energy consumption (reduce indirect emissions) at the same time. One such solution are low
charge, central type, NH3 based refrigeration systems with dry expansion (DX) refrigerant feed.

2. THE REFRIGERATED WAREHOUSE
The plant that is the subject of this paper is a relative small dual stage, ammonia refrigeration system
servicing a refrigerated storage/distribution facility owned and operated by a food service company.
Fig. 1 shows a plan view of the facility with design temperatures. Dimensions are as indicated in
millimetres. Strictly speaking, the plan is incorrect. Following preparation of the layout, a decision
was taken to remove the wall between the two freezer rooms and relocate the air coolers to the wall
along the top of Fig. 1. Prior to this decision, air circulation between the two freezer rooms by
mechanical means was envisaged. With the removal of the wall, this became unnecessary.
Secondly, the dividing wall between the two segments of the Chiller was also removed following
preparation of this layout. This was in order to limit the number of air coolers required in this area to
one. The prefabricated dual stage, central ammonia plant room is not shown, but it is located along
the exterior wall along the top of Fig. 1 immediately adjacent to the wall that the freezer evaporators
were relocated to. This keeps NH3 pipelines relatively short.

Figure 1. Plan layout of the refrigerated storage facility.

The warehouse is situated at Mackay, Queensland, Australia. The local design conditions for air
conditioning plant at the Mackay Post Office is 33.5°C dry bulb temperature, 26.7°C wet bulb
temperature, standard deviation 0.9°C, sample size 40 years (K. Bremhorst et al, 2006). The highest
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recorded dry bulb temperature for the region is 36.9°C. Mean rainfall and temperatures for Mackay
are shown in Fig. 2 (Meat & Livestock Australia, https://www.mla.com.au).

Figure 2. Mean rainfall and temperatures for Mackay, Queensland, Australia.

The estimated design heat loads for the warehouse are shown in Table 1. The temperature at each
room reference represents the temperature used for the heat load estimation.
Table 1. Design heat loads in kW

DESIGN HEAT LOADS:

Refrigerant temperature, °C →
Freezer, -24°C
Chiller, 0°C
Flour Room, 16°C
Ante Room, 6°C
TOTAL, kW

Low
temperature
-32
45.2

Medium
Temperature
-11

45.2

Propylene
Glycol
-7
17.6
11.0
20.2
48.8

3. THE PREVIOUS HFC BASED REFRIGERATION SYSTEM
The HFC based refrigeration plant servicing the facility described above ceased operations in 2015
coinciding with a commercial decision to relocate the food service activities temporarily to other
premises. Discussions regarding replacement of the existing HFC based systems with a new; more
energy efficient central refrigeration system commenced fourth quarter of 2017 resulting in
completion of the new installation August 2018.
The previous system comprised a number of low temperature Bitzer 4NC-12.2-LCS2-LS condensing
units suitable for outdoor installation and one medium temperature condensing unit of unknown
make, but believed to be Lovelock with a Copeland semi-hermetic compressor. These were
connected to ten matching commercial evaporators with the low temperature units being arranged
for electric defrost. The refrigerant was R404A in the low temperature segment. The refrigerant used
in the medium temperature segment is unknown. The medium temperature refrigerant previously
used is believed to be R22, but this could have been replaced with a drop-in refrigerant. The
importation of HCFC 22 into Australia ceased in 2015.
The subfloor heating system used under the freezer floors is electrically powered. It comprises two
independent resistance heating circuits for redundancy. The subfloor temperature is thermostatically
controlled by switching the power supply on/off. The subfloor heating system was tested prior to the
plant modifications commencing. It was found to be functioning and was therefore retained. More
energy efficient heating options exist and are indeed used in new installations, but replacement of
the subfloor heating system was considered too disruptive and too capital intensive in this case. Fig.
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3 shows the HFC based refrigeration plants. The total peak power consumption of this plant
excluding the power absorbed by the subfloor heating system and the drain/door heaters was 118
kW with all defrost heaters operational.

Figure 3. Previous HFC based, air cooled refrigeration systems

4. THE REPLACEMENT LOW CHARGE NH3 REFRIGERATION SYSTEM
The replacement refrigeration system is a central type, dual stage, low NH3 inventory refrigeration
plant with dry expansion refrigerant feed for the low temperature freezer evaporators and a propylene
glycol loop for the medium temperature services. The total NH3 inventory is approximately 200 kg.
The glycol/NH3 plate heat exchanger for the secondary refrigerant loop is gravity flooded using the
intercooler as surge vessel. The plant employs three open industrial reciprocating compressors all
fitted with variable frequency drives. One compressor is a dedicated booster, one compressor is a
dedicated second compression stage machine and the third compressor is connected for dual duty
capability. Two compressors can service the estimated heat loads whereas the third is for
redundancy. There are no ammonia pumps. A closed circuit water cooling segment incorporated
within the evaporative condenser services the compressor top and side cooling. This closed loop
includes a duty and a standby cooling water circulation pump. The freezer evaporators are controlled
using the combined superheat/quality control principle. Overall, the plant follows the same general
design principles as the sixteen other commercially operating low charge NH3 plants (Jensen, 2015,
Fig. 2; Jensen, 2017). The entire engine room including base frame, weatherproof enclosure,
electrical control system, motor control centre, ventilation systems, pressure vessels, oil
management system, glycol pump and NH3/glycol heat exchanger was manufactured off site. All
interconnecting NH3 pipelines are 304SS for durability and low friction. The anticipated technical life
of the plant is identical to what can be anticipated for larger industrial ammonia refrigeration systems
i.e. 30-40 years. Images of plant room exterior and interior are shown in Fig. 4 and Fig. 5.
The design details of each of the two dry expansion freezer evaporators are detailed in Table 2. Fig.
6 shows the two NH3 evaporators installed.
Table 2. Freezer evaporator design details

Fin thickness, mm
Vertical and horizontal tube pitches, mm
Tube outside/inside diameters, mm
Tube pattern
Finned length x height x depth, mm
Refrigerant distributor
Fin spacing, mm
Face velocity at full fan speed, rpm
Evaporating temperature, °C
Internal/external fouling resistances, m²K/W

0.35
50/50
16.0/13.6
Square
3200x1200x300
Gravity type
10.0
2.7
-31.0
0.0004/0.0035
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Air on/off, °C
Relative humidity on/off, %
Air flow at full fan speed, m³/s
Total/sensible capacity, kW
Surface area, m²
Fans; no./diameter/speed/capacity, -/mm/rpm/kW

Figure 4. Plant room exterior, evaporative
condenser in the background

-24.0/-25.8
80/89
10.4
26.9/26.1
227.0
2/800/850/1.44

Figure 5. Plant room interior, pressure vessels
in the background

Figure 6. Freezer evaporators

5 ENERGY CONSUMPTION
The energy consumption details per month for the facility were obtained from the energy retailer,
Ergon Energy for December 2009 to January 2015 inclusive. When the HFC-based plants serviced
the warehouse, the daily average energy consumption was recorded at 2,020 kWh. Fig. 7 shows a
graphical representation of these energy consumption details. A slightly rising trend in monthly
energy consumption is evident over the period analysed.
Several building modifications were incorporated coinciding with the installation of the new ammonia
refrigeration plant. As mentioned previously, the two Freezer Rooms were combined into one room,
as were the two Chiller Rooms. The previous installation did not incorporate a refrigerated Ante
Room – the Freezer and Chiller Rooms opened into an area covered by a weather roof and
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surrounded by uninsulated walls. The modified facility has had a refrigerated Ante Room added. The
previous facility also did not include a Flour Room. The modified facility has had a Flour Room added
within the existing non-refrigerated Dry Store as shown in Fig. 1. Finally, a rapid roller door was
included between the new Ante Room and the Dry Store to facilitate access/product movement
between Ante Room and Dry Store/Flour Room. The refrigerated area/volume prior to the building
modifications were 792/3,169 m²/m³. Following the modifications, these had increased to
1,263/5,245 m²/m³ or by 37/40% respectively.
HFC Plant Energy Consumption, [kWh/month]

100,000
80,000
60,000
40,000
20,000
-

7/01/2010

7/01/2011

7/01/2012

7/01/2013

7/01/2014

7/01/2015

Figure 7. Monthly facility energy consumption with HFC based refrigeration systems

As with most other similar plant upgrades in the commercial world, building modifications are usually
included as part of the refrigeration plant replacement/upgrades. This makes a straight forward
“before/after” energy consumption comparison difficult and this case is no different.
The kWh-meter readings for the low charge NH3 refrigeration plant are:
Start date: 3 October, 2018
End date: 18 January, 2019

Reading:
Reading:

5,107 kWh
141,303 kWh.

This represents an average consumption of approximately 1260 kWh/day or a specific annual energy
consumption (SEC) based on refrigerated volume of 88 kWh/m³*a. This is on the higher side of
expectations and there are several reasons for this. Firstly, the freezer had only been operational for
approximately two months when recording started. The subsoil temperature had therefore not
reached steady state. Secondly, the subsoil heating system temperature set point was excessive at
24°C. This was adjusted down to 5°C in January 2019. Thirdly, there were insulated panel
imperfections (air leaks) that were subject to repairs during the recording period. Fourth, significant
infiltration loads were observed from the Dry Store to the Ante Room during the recording period.
The recording period falls within the Australian summer. The energy consumption for the same
summer period during the years 2013/14 was recorded at an average of 2,243 kWh/day or 258
kWh/m³*a.
For the NH3 system, the energy consumption was recorded via the supervisory control and data
acquisition (SCADA) system. It therefore represents the energy consumption of the refrigeration
plant only. This is not the case for the HFC plant records. The records for that plant includes auxiliary
consumers such as general light and power, office air conditioning and forklift charging. Empirically,
these services represent approximately 20% of the total energy consumed within refrigerated
facilities owned and operated by this particular user (Jensen, 2017). The corrected SEC for the HFC
plants to make it comparable with the NH3 performance records is therefore 258*0.8=206 kWh/m³*a.
This recorded SEC reduction of (1-88/206)*100= 57% by replacing industry standard HFC based
systems with a central, low charge NH3 plant as described herein is within expectations. Similar
values have been recorded and documented elsewhere (Jensen, 2017).
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6 ECONOMICS
In the commercial world, decisions are generally based on economic rationalism unless the decision
making process is affected by split incentives, Government policy or emotion. The popular saying
“large corporations will not go green unless it is profitable” does have a significant element of truth
to it. Where legislation encourages a user/owner to replace existing, aging HFC-based systems,
there are several competing replacement options available. Not all relevant replacement options
may be presented to the user, the options presented may not always include all the information
required for the user/owner to make a fully informed purchasing decision or the information
presented may indeed be incorrect and/or commercially biased.
The system replacement options considered are summarized in Table 3. The capital costs shown in
per cent use the low charge NH3 system as the base; the capital cost of this is therefore 100%. The
capital cost ratios summarized in Table 3 are not transferable to other applications.
Table 3. Refrigeration plant replacement options

Refrigeration Plant Concept

Central, low NH3 inventory, dual stage refrigeration system with hot gas defrost,
evaporative condenser and secondary refrigerant medium temperature loop
Transcritical CO2 based dry expansion system with warm glycol defrost, adiabatically
assisted gas cooler and SCADA system
Transcritical CO2 based dry expansion system with electric defrost, adiabatically
assisted gas cooler and SCADA system
Replacement plant comprising industry standard HFC based air cooled condensing
units, electric defrost and no SCADA system.

Capital
Cost, [%]
100
71
62
45

A significant element of those factors influencing purchasing decisions is energy consumption costs.
As Fig. 8 shows, the specific energy consumption (SEC) in kWh/m³*a for refrigerated warehouses
varies greatly (Jensen, 2018). Importantly, the relatively poor energy performance of a transcritical
CO2 system in the jurisdiction of Melbourne, Australia may influence purchasing decisions towards
a replacement concept that is not CO2-based if indeed this is brought to the attention of the buyer.

Figure 8. SEC for various plant types as a function of refrigerated volume
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The HFC-based replacement option was not considered. Based on Fig. 8, the facility operator
considered the additional energy consumption associated with the low capital cost CO2 option to be
at risk of being around 40% greater than the low charge NH3 concept. This would have translated
into an annual energy consumption of approximately 800 MWh/a, which is only approximately 1525% less than a replacement HFC-based solution would likely have been. The difference between
800 MWh/a and the recorded NH3 system energy consumption of around 460 MWh/a represents
around AUD 65,000-70,000 at current local unit electricity costs. This would deliver a simple payback
of four years for the differential investment between the low inventory NH3 option and the electric
defrost transcritical CO2 option in Table 3. Other similar economic considerations carried out for
other similar applications in jurisdictions with similar climates have delivered very similar results.

7 DISCUSSION
In 2016, global agreement was reached in relation to two major treaties that will trigger widespread
technology transformation within the global RACHP industries. The agreements referred to are of
course the Kigali Amendment to the Montreal Protocol and the Paris Treaty seeking to limit the
maximum global temperature anomaly to 2K by year 2100. In transitioning away from HFC
refrigerants towards lower global warming potential refrigerant alternatives, it is important not only to
consider the elimination of direct emissions, but also the minimization of indirect emissions. These
are the CO2 emissions associated with electricity generation by means of combusting fossil fuels.
The eagerness with which direct emissions pertaining to HFC refrigerants are sought eliminated by
refrigerant replacements, often drown out the significantly more important minimization of indirect
emissions. Procurement of replacement systems with low global warming potential (GWP) working
fluids and basing these buying decisions on capital cost minimization is often the result. The owner
(and the environment) may then be stuck with a replacement system that has failed to fully explore
the maximum energy conservation potential during the replacement process. Excessively high
indirect emissions for the life of the plant are therefore a real possibility in this scenario. Aside from
increasing the energy consumption costs to the plant owner unnecessarily, this also violates the
intent of the Paris Treaty.
This paper has described a solution that not only seeks to eliminate direct emissions, but also seeks
to minimize indirect emissions from the new plant in the tropical jurisdiction where it is installed.
Practical energy performance comparisons between central, low NH3 inventory refrigeration systems
of the capacity range described here and equivalent transcritical CO2 systems for tropical
jurisdictions are very rare in the literature. Such comparisons are nevertheless important to enable
fully informed procurement decisions to be taken. They are also important to prevent the HFC phasedown from literally transferring us from the ashes into the fire.
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ABSTRACT
The applicability of available computational fluid dynamic codes (CFD) for the calculation of iceslurry flow comes more in focus of current research. Therefore this paper intends to give the
results of a literature review about the numerical modelling and available data for the validation.
An Overview of previous publications referring to governing equations, modelling approaches is
presented. The simulation of isothermal ice-slurry flow is performed as two phase flow in horizontal
pipelines for ice mass fractions (0%-50%) and flow velocities (2-5 m/s).
The review reveals multiphase models provided by the CFD codes. The validated simulation
results show the influence of particles size, volume fraction, phase interactions and granular
properties on the radial distribution of concentration profiles.
In conclusion, it can be stated, CFD codes are capable to predict satisfactorily the behavior of ice
slurry flows in different cases.
Keywords: CFD, –Ice Slurry, Simulation, Two-Phase Flow.

1. INTRODUCTION
Ice slurry plays an important role as a secondary refrigerant in various cooling processes. Ice slurry
is usually a mixture of small ice particles that are typically rangeing from 0.1 to 1 mm in diameter)
and a carrier fluid, which is a binary solution of water and an additive such as salt (calcium or
sodium chloride, potassium acetate or potassium formiat), glycol, alcohol or ammonia for
decreasing the freezing temperatur below 0 °C.
There are four typical flow patterns as shown in Fig. 1 and 2. It depends on the characteristics of
the slurry, which varies as a function of numerous parameters. The complexity of these solid–liquid
flows is reflected in the large number of independent variables to describe these flow patterns.
Generally, this causes the flow behavior of these systems to vary over a tremendous range. The
geometry of a pipeline (diameter, length, roughness, fittings), the properties of the solids (size and
size distribution, shape, density, strength) and of the liquid (density, rheology), and the operating
conditions (mixture flowrate, solids concentration) all influence the nature of the flow and the
pressure gradient. As ice slurry is based on phase change material (PCM) it is also called as a
phase change slurry (PCS), which change phase at the melting temperature of the dispersed
phase (Kauffeld et al., 2005). The important properties of ice slurries can be derived from the
individual propertied of the aqueous solution and of ice by combining the respective properties in
the correct ratio. The ice fraction or concentration is the crucial parameter. Nevertheless also the
viscosity, thermal conductivity and enthalpy of the ice slurry have to be determined accurately (Ake
Melinder et al., 2005). The operation of ice slurry systems aimed at the transfer of mass and heat
between system components, depends on the governing principles of fluid dynamics. The
derivation of a macroscopic theory for ice slurry flows leads to very complex multi-phase mass,
momentum and energy conservation equations (Kauffeld et al., 2005).

Figure 1: Simple schematic of ice slurry flow

Figure 2: Simple schematic of Flow Patterns
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Computational Fluid Dynamics (CFD) seems nowadays a remarkable and an influential tool to
acquire abundant accuracy details and information of multi-phase flows, especially when the deep
details of ice slurry flow are expected to be analysed. Such details include: pressure drops, velocity
and concentrations distributions, phase interactions between ice slurry particles and wall, granular
properties of ice slurry particles, the time behaviour for growing/melting on ice slurry particles,
blocking and turbulence regions in heat exchangers with different geometries. There are various
CFD software packages for simulating phase change material (PCM) process and multiphase
flows with different model approaches such as COMSOL Multiphysics, ANSYS (CFX, Fluent),
OpenFoam and Star CMM+.
Previous publications reveal the general applicability of CFD tools. A turbulent dispersion is
modelled by carrying out a time average of the interphase drag term in an eulerian multi phase flow
model, and is expressing it in terms of Favre averaged variables. The Favre Averaged Drag (FAD)
model has been processed in the commercial CFD package CFX-5, and it has been tested against
a range of dispersed multiphase flows (e.g. bubbly flows, liquid-solid) (Burns et al., 2004). Al-abidi
et al., (2013) presents previous studies on the numerical modelling of PCM flow through CFD
software and concludes that using CFD software is an effective way to save money and time. He
also found, that the software Fluent has a specific model that can simulate a range of different
melting and solidification problems in engineering, including casting, melting, crystal growth, and
solidification (Al-abidi et al., 2013). The possibility to simulat ice slurry flow is based on the known
CFD procedures for both Bingham fluids and multiphase flow models (the mixture and Eulerian
models). It gives a correct description of the momentum transfer in the investigated laminar region.
A good agreement between the simulations and measurement results was found with the accuracy
better than 10 % (Niezgoda-Żelasko and Zalewski 2006). The numerically predicted steady state,
laminar hydrodynamics and thermal fields of an ice slurry (water with 15 % ethanol and 12.26 %
ice particles) and a homogeneous binary, single phase mixture (water with 17.1 % ethanol) were
modelled by using a commercial CFD code (Fluent) which employs a control volume method and
SIMPLE algorithm (Trabelsi et al., 2010). An Euler-Euler model based on the kinetic theory of
granular flow using CFD code Fluent was applied to investigate the isothermal flow of ice slurry in
various pipes to solve the distributions of ice slurry flow, the ice particle concentration and the
pressure drop. The relative errors of the numerical computation are within 15 % with respect to
measurements (Wang et al., 2013). A mixture CFD model which is based on the different
rheological behaviour describes the heterogeneous ice slurry flow and was applied and validated
by experiments. The relative errors of numerical computation are almost within ±15 % (Wang, et
al., 2013). A numerical simulation of ice slurry in ice cooling was investigated to investigate factors
which influence transportation security: ice packing fractions, ice particle size, additive
concentrations and pipe size. The results and proposed guidelines are of significance for predicting
the critical velocity for safe transportation and guiding the safety, design and operation of ice
cooling systems (Tian et al., 2014). Numerical Simulation of ice slurry heat transfer characteristics
in a straight horizontal tube were applied by using of CFD software. The VOF model in FLUENT
was used. Laminar and turbulent flow regimes with various ice concentration were studied and
used as a design tool and to analyse ice slurry flow in different operating conditions. The relative
errors between simulations and experimental results for calculating nusselt number were within
15 % (Li et al., 2016). Numerical simulation for CFD analysis of the melting of particles slurry flow
between parallel plates were presented. The motion of the solid particles was determined by using
a Lagrangian approach, while hydrodynamics and heat transfer throughout the fluid were
determined by using a finite volume scheme (Shabgard et al., 2016). A 3D - CFD model was
applied for studying the characteristics of propylene glycol ice slurry isothermal flow as a
Newtonian fluid with effective properties depending on the local ice fraction and includes the shear
induced migration. It has been validated for laminar and turbulent conditions (Onokoko et al.,
2018). Pipeline slurry flow of mono-dispersed fine particles at several of high concentration is
numerically simulated using Mixture and Eulerian two-phase models in the CFD software package
FLUENT. The results from Eulerian Model are more accurately than the results from mixture
model. Also the concentration distributions obtained using Eulerian model found to be in good
agreement except for few experimental data from the same author (Kaushal, et al. 2005, Kaushal
et al., 2012).
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2. MULTIPHASE MODELS
2.1

General Approach

In multiphase flow a phase can be defined as an identifiable class of material that has a particular
inertial response to and interaction with the flow and the potential field in which it is immersed.
Different multiphase flow regimes are described. To solve a problem the regime needs to be
determined, which represents the flow best. Furtheron the degree of interphase coupling for flows
involving bubbles, droplets, or particles, and the appropriate model for different amounts of
couplings need to be determined. For example: Ice slurry (liquid and solid particles) is classified as
slurry flow or hydrotransport, sedimentation and fluidized beds as shown in Fig. 5. The
fundamental behaviour of liquid-solid flows varies with the properties of the solid particles relative
to those of the liquid.

(a)

(b)

(c)

Figure 3: Flow regimes, (a) slurry flow or Hydro transport, (b) sedimentation, (c) fluidized bed

The use of a specific multiphase approaches to charactrize momentum transfer depends on the
volume fractions of ice particles (Versteeg et al. 1995) , (ANSYS Fluent User's Guide 18) , (ANSYS
Fluent Theory Guide 18). There are two approaches for the numerical calculation of multiphase
flow as following: 1) Euler-Lagrange Approach, and 2) Euler-Euler Approach.
2.2

The Euler-Lagrange Approach

The Euler-Lagrange approach is called the Lagrangian discrete phase model in ANSYS Fluent.
The fluid phase is treated as a continuum by solving the governing equations, while the dispersed
phase is solved by tracking a large number of particles through the calculated flow field. The
dispersed phase can exchange momentum, mass, and energy with the fluid phase. This requires
that the dispersed second phase occupies a low volume fraction.
2.3

The Euler-Euler Approach

In the Euler-Euler approach the different phases are treated mathematically as interpenetrating
continua. Since the volume of a phase cannot be occupied by the other phases, the concept of
phasic volume fraction is introduced. Conservation equations for each phase are derived to obtain
a set of equations, which have similar structure for all phases. In ANSYS Fluent, there are three
different Euler-Euler multiphase models are available as following: a) The volume of fluid (VOF)
model, b) The mixture model, c) The Eulerian model. The appropriate model for each kind of flow
regimes can be selected based on the following guidelines: For slug flows and for stratified/freesurface flows the VOF model shall be used. For fluidized beds the Eulerian model shall be used.
For granular flow, for slurry flows and for hydrotransport the mixture or Eulerian model shall be
used, For sedimentation the Eulerian model shall be used. Thus the numerical simulation of ice
slurry can be analysed by using the Mixture model and the Eulerian model. But the previous
literature suggests that the results from Eulerian Model are the best agreement with the
experimental results.
2.1.1. The Eulerian Model
The Eulerian model is the most complex of the multiphase models in Fluent, It solves a set of
momentum and continuity equations for each phase. The Eulerian model assumed that the slurry
flow consists of solid "s" and fluid "f" phases, which are separeted, yet they form interpenetrating
continua, so that αf + αs = 1.0 where αf and αs are volumetric concentrations of fluids and solid
phase, respectively. Coupling is achieved through the pressure and interphase exchange
coefficients. The manner in which this coupling is handled depends upon the type of phases
involved. Granular (fluid-solid) flows are handled differently than non-granular (fluid-fluid) flows.
2.1.2. Granular Properties
The granular properties for ice slurry flow are believed to be of importance because granular model
includes models, which are taking friction and collisions between particles into account as shown in
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Fig. 4. The non-granular model lack the possibilities to set a maximum packing limit which makes it
less suitable for the modelling of flows with particulate as secondary phase. The simulation results
with non-granular model do not show good agreement with experimental results.Since the
concentration of particles is an important factor in the calculation of the effective viscosity for the
mixture, the collisional µs,col and kinetic µs,kin parts, and the optional frictional µs,fr part, are added to
give the solids shear viscosity µs:
µμ! =    µμ!,!"# + µμ!,!"# + µμ!,!"
Eq. (1)

Figure 4: Pictorial explanation of µμ𝐬,𝐜𝐨𝐥 ,   µμ𝐬,𝐤𝐢𝐧 and µμ𝐬,𝐟𝐫 (Kaushal et al., 2012)

2.1.3. Phase Interactions
The Phase Interactions allow imporatant parameters define the interaction between phases in
Eularian Model as following:
(a) Virtual Mass: includes the virtual mass force 𝐹ʋ! that is present when a secondary phase
accelerates relative to the primary phase. This item appears only for the Eulerian model.
  𝐹Ʋ! = 𝐶Ʋ! 𝛼! 𝜌! Ʋ! g∇Ʋ! − Ʋ! g∇Ʋ!

Eq. (2)

where: 𝐶ʋ! is the coefficient of virtual mass force, αs is the volume fraction of solid particles, ρf is
the desity of fluid, 𝜈! and 𝜈! are velocity of solid and fluid phase, respectively.
(b) Drag: displays the Drag Coefficient inputs. Drag Coefficient specifies the drag function for
each pair of phases. Drag force caused by the velocity differences between two phases,
𝐾!" Ʋ! − Ʋ! , where: Ksf is the inter-phase drag coefficient.
(c) Lift: displays the Lift Coefficient inputs. Lift Coefficient specifies the lift function for each
pair of phases.
𝐹! = 𝐶! 𝛼! 𝜌! Ʋ! − Ʋ! × ∇×Ʋ!   

Eq. (3)

where: CL is the coefficient of Lift force.
(d) Viscous force includes ζf and ζs are the stress tensors for fluid and solid.
2.4

Solidification and Melting Model

There is a wide range of solidification/melting problems, including melting, freezing, crystal growth,
and continuous casting in ANSYS-Fuent.
2.5

Eulerian Wall Films

A thin liquid film forms as liquid drops impinge on a solid surface in the domain. The thin film
assumption is one usually made in both Eulerian and Lagrangian film modeling approaches,
specifically that the thickness of the film is small compared to the radius of curvature of the surface
so that the properties do not vary across the thickness of the film and that films formed are thin
enough so that the liquid flow in the film can be considered parallel to the wall.
2.6

Turbulence Model

The choosing of the turbulence model will depend on considerations such as the physics
encompassed in the flow. The important turbulence models for solid-fluid are (k-ɛ) and (k-ω),
gradual change from the (k-ω) model in the inner region of the boundary layer to a high-Reynoldsnumber version of the (k-ɛ) model in the outer part of the boundary layer. The most general
multiphase turbulence model solves a set of k and ɛ or ω transport equations for each phase. This
turbulence model is the appropriate choice when the turbulence transfer among the phases plays a
dominant role.
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3. GOVERNING EQUATIONS
Governing Equations for Eulerian Model are as following:
3.1. Continuity Equations
∇g   𝛼! 𝜌! Ʋ! = 0

Eq. (4)

3.2. Momentum Equations
Momentum equations set up for both fluid phase and solid phase.
For fluid phase:
∇g   𝛼! 𝜌! Ʋ! Ʋ! = −𝛼! ∇P + ∇g𝜁! + 𝛼! 𝜌! g   + 𝐾!" Ʋ! − Ʋ!
+𝐶Ʋ! 𝛼! 𝜌! Ʋ! g∇Ʋ!    + 𝐶! 𝛼! 𝜌! Ʋ! − Ʋ! × ∇×Ʋ!

Eq. (5)

For solid phase:
∇g   𝛼! 𝜌! Ʋ! Ʋ! = −𝛼! ∇P + ∇g𝜁! + 𝛼! 𝜌! g   + 𝐾!" Ʋ! − Ʋ!
                                  +𝐶Ʋ! 𝛼! 𝜌! Ʋ! g∇Ʋ! − Ʋ! g∇Ʋ! + 𝐶! 𝛼! 𝜌! Ʋ! − Ʋ! × ∇×Ʋ!

Eq. (6)

4. NUMERICAL CFD-MODEL AND VALIDATION
4.1

CFD model description

With a view to solve the above governing equations with the specific boundary conditions the
commerical CFD code ANSYS-Fluent has been used. The discretization of conversation equations
was solved by using the finite volume method. The governing equations are integrated over all
control volumes of cells which are divided by the finite volume method. The second-order upwind
schemes and SIMPLE algorithm are used in the solver method in Fluent software. To solve all
problems in these present paper, it is recommended to optimize the initial operating conditions 3Dsteady state solution and pressure-based coupling algorithm. The numerical computation should
be considered converged when the residual is less than 10-6. The Euler-Euler CFD model certainly
employs various amount of approximations with good efficiency and flexibility of the CFD method.
In this present study, there are three different cases with corresponding experimental data to
validate CFD numerical results. The first two cases are for liquid-solid slurry pipeline flow with two
different sizes of particles (fine particles 125 µm and croase particles 400 µm) (Kaushal, Sato et al.
2005, Kaushal, Thinglas et al. 2012) and the last case is ice slurry flow in horizontal pipe with
different sizes of ice particles(Wang, Wang et al. 2013). The flow information about velocity,
concentation profiles with non-granular and granular properties are computed to compare with the
actual flow.
4.2

Geometry and Boundary Conditions

The geometry of the first two cases is 0.5 m long and 54.9 mm diameter, and for the last case is
0.5 m long and 103 mm diameter in horizontal pipe as shown in Fig. 5. The boundary conditions for
mixture phase (2-phases liquid-solid) are defined, mass flow rate/velocity is at inlet, and for outlet,
pressure outlet is specified. For isothermal ice slurry, the wall is specified as adiabatic and no slip
shear condition. CFD Numerical results validated with experimental measurements of volume
fraction distribution as shown in Fig. 6.

Figure 5: Schematic geometry of horizontal pipe for CFD model
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Figure 6: Validation of Volume Fraction Distribution values along vertical diameter for ds=125 µm	
  

5. RESULTS AND DISCUSSION
The distributions of volume fraction of solids in solid–liquid flows would be reduced gradually in the
upper parts of the pipeline, and they would be increased in the lower parts, and in fully developed
turbulent flow region, these distributions are kept as constants in the middle of center pipe as
shown in Fig. 7 and 8. But with granular properties, at higher concentration and velocity, in addition
to the above dissipation form, grains can collide shortly, this gives rise to further dissipation and
stress, named collisional, at very high concentration (50 % in volume) and velocity, grains start to
endure long, sliding and rubbing contacts, which gives rise to a totally different from of dissipation
and stress, named frictional as shown in Fig. 7 and 8. This effect appears significatly at coarse
particle size (400 µm) as shown in Fig. 8 (b). It is also shown by the volume fraction profile in
Figure 9. For ice slurry, The concentration profile is divided into three regions which are highconcentration region near the top wall, uniform concentration region in the center of pipe cross
section and low-concentration region near the bottom of the pipe. It is observed that the ice particle
size and velocity effect on the flow regimes in pipeline to be heterogeneous and homogeneuos as
shown in Fig. 9 (b) (Kaushal, Sato et al. 2005, Kaushal, Thinglas et al. 2012, Wang, Wang et al.
2013).
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Figure 7: Comparison profiles of solid volume fractions
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Figure 8: Volume Fraction Distribution values along vertical diameter without granular properties and
with granular properties ds=0.125mm, ds=0.400mm.
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Figure 9: Volume Fraction Distribution of Ice slurry along vertical diameter for different parameters

6. FUTURE INVESTIGATIONS
There are many potential applications for ice slurry, but the use of ice slurry in a broad field of
applications to utilize the described advantages is hindered by the lack of suitable and at the same
time cost-effective heat exchangers. The next investigations are focussed to improve the modelling
of flow and heat transport processes when using ice slurry and to optimize the designs of heat
exchangers in general. From studies of heat exchangers, it is found that plate heat exchangers
would be a good choise to enhance the efficiency of a system and to come to simple and compact
heat exchangers. First Simulation results of a single plate heat exchanger channel are shown in
Figs. 10 and 11 but it is not validated. This simulation was two phase ice/fluid of adiabatic case of
ice slurry flow for particle diameter 90 µm, velocity 2 m/s and ice concentration 10 % by using
Eulerian model in ANSYS-Fluent. 3D steady state solution was applied.

Figure 10: Schematic geometry of cross section for the sinusoidal form of PHE’s plate for CFD model

(a)
(b)
Figure 11: Cross-section for Distribution profiles of (a) Velocity , (b) Volume Fraction

7. CONCLUSIONS
In this paper, the summery of definitions different models of CFD code such as Euler models,
turbulence models, solidification and melting, Eulerian model can be applied to get significatly of
different accuracy CFD parameters to improve the efficiency of flow and heat transfer of slurry flow.
Granular properties and phase interactions parameters include various factors which are affecting
on particles and are close to practicle results. those factors are very important for taking into
consideration to prevent unstable and blocking systems and then for optimizing new designs. The
effect of these factors appeared at high concentation and large particle size for solid-fluid flow and
ice-fluid flow.The Euler-Euler CFD model is valideted and used to investigate future technologies to
improve the efficiency of refrigerent systems. The numerical simulation of plate heat exchanger is
already done but it is not valideted. There are predications to optimize new designs for ice slurry.
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ABSTRACT
The rebuilding of three Danish supermarket CO2 booster refrigeration plants with heat recovery heat
exchangers is in the planning phase. The systems are situated in buildings heated by local district
heating grids. The heating and cooling load characteristics have been analysed for one of the
installations and control schemes have been suggested based on the cost profiles for power and
heating, including distribution costs and taxes. The sale of excess heat to the grids has been
evaluated as well as the value of using auxiliary cooling load for maximising the heat produced in
heat pump operation mode. The experience from operation of plants with an earlier design has been
integrated and the payback time for the investments has been estimated. The results are analysed
considering the state of the heating systems in the building and the local cost structures. The
estimated direct payback period varies between three to ten years.
Keywords: Refrigeration, Carbon Dioxide, COP, Energy Efficiency, CO2, district heating, heat
recovery.

1. INTRODUCTION

To conserve energy and save costs as well as reduce carbon footprint at the same time, heating and
cooling needs can be addressed by integrating systems. Furthermore, individual systems can be
integrated across building perimeters in areas covered by a district heating grid.
The optimum way to achieve high efficiencies, when recovering heat from a CO2 refrigeration system,
is to use at least two temperature levels as supply temperature for the heating system, e.g. floor
heating and radiators (Funder, 2017 and Mazyar, 2018). However, heating systems in existing
buildings supplied from a district heating network are designed for a relatively high supply
temperature. In a district heating grid, the supply temperature is often within range of 60 to 75 °C
with a return temperature of 30 to 35 °C. However, it is the experience that heating systems in
supermarket buildings often return higher temperatures, and the lower range of temperatures is
returned by residence housing. See Fig. 1 for the supply and return temperatures as well as the heat
demand for one of the investigated supermarkets. In winter, the supply temperature is increased to

Total 241.946 kWh

Figure 1. District heating demand and supply and return temperatures for a supermarket building.

enable the individual heating systems to cover the local heating loads. This enables the supermarket
heating system to return a relatively low temperature. Vice versa occurs during the summer where
only hot tap water preparation is needed, i.e. the supply temperature is relatively low, and the return

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3379

temperature is high. This indicates that there is some room for improvement of the control settings,
which might result in slightly lower return temperatures during the summer. Thus, the operating
modes will have to be calculated for the higher return temperatures to evaluate the business case.
Furthermore, the refurbishment with the heat recovery option is often required to have the shortest
possible payback time. This means that the investment will not cover a major rebuilding of the heating
system, but only the piping and the controls for the heat recovery heat exchanger (HRX). In this
paper, the economy of a planned installation is investigated based on information available prior to
the refurbishment with an HRX.

2. DESIGN OF INSTALLATION
Fig. 2 shows a simple PI diagram together with the operating modes. The layout on the water side
of the system is represented by the simplest possible configuration. When the amount of recovered
heat is higher than the needed amount of heat in the building, the surplus of heat can be supplied to
the district heating grid instead. On the other hand, if the recovered heat is lower than needed, the
grid will make up for the difference. The meters for consumed and produced heat are not shown.
Usually, there will be three meters: The first meter is for the heat supplied from the grid, the second
for the heat supplied to the grid, and the third meter measures the amount of heat recovered. A fourth
meter measuring the power consumed by the MT compressor set will often be needed as well. This
is the case in Denmark due to tax issues. The pump is speed controlled to maintain a given setpoint
of the water leaving the HXR. Thus, if the leaving temperature is below the setpoint, the pump speed
is reduced - and vice versa. The pump will have to overcome the supply pressure on the district
heating system as well as the pressure drop in the HXR and the associated components. The control
range for the pump will have to be very large to meet all the operating conditions. If the minimum
flow does not match the low load conditions of the refrigerating system, the leaving temperature will
be too low to meet the requirements of the heating system or the grid. If the water flow is too low at
high loads on the refrigeration system, the heating capacity will not meet the potential at the given
condition, even if the leaving temperature increases. In most cases, the low load condition is most
critical as this will prevail during the winter, where the heat demand is highest when the refrigeration
load simultaneously is at its lowest.
Out of the first nine installations for HR to district heating, three installations have failed due to
fractures caused by thermal stress. These problems are known to the manufacturers of plate heat
exchangers, and they can be mitigated by three main measures (Alfa Laval, 2017): The first measure
is to stop both the primary and the secondary flow at compressor stop or when heating is no longer
needed. This will prevent a high temperature difference over the full plate length at start-up. The
increase of the lifetime is theoretically estimated to 120 times compared to the stop of the water flow
first and 16 times compared to stop of the CO2 flow first.
The second measure is to use long plates in the heat exchanger, which in practice means the use
of multi-pass HXR or two or more heat exchangers mounted in series. This will also minimise the
temperature difference and in addition increase the performance. By using a manufacturer
calculation tool (SWEP, 2019) for the investigated case, calculations show that the efficiency was
increased by 5 to 10 % on both the heating COP and the capacity for a given set of temperatures by
a three-pass configuration compared to a one-pass configuration, both with the same heat exchange
surface and price. The HXR is shown with a three-pass configuration in Fig. 2 with the plates in
horizontal position. This is intentionally done, even though it differs from the normal upright position
with vertical plates used for evaporators and condensers. These use one-pass configuration, where
the plates work with the refrigerant in the two-phase region whereas the HXR with CO2 works in onephase only. The horizontal position of the plates will still facilitate oil transport and drain of CO2 liquid,
if any, in sub-critical conditions. On the water side, it will help bleed air out of the heat exchanger
when commissioning the system.
The third measure is to avoid load on the connections due to both thermal expansion of piping and
other mechanical loads. A substantial load reduction on the connections is achieved by mounting
the heat exchanger on fixtures, which incorporate an elastic material such as rubber instead of a
hard mount directly on the compressor rack.
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The CO2 piping shown in Fig. 2 represents a booster system with the MT and LT compressor groups
and evaporators. Compared to a standard system, components for heat recovery (HR) are added;
motorised on-off three-way control valves for isolating the HXR and the gas cooler, and the valves
A, B, and C for controlling the gas cooler as an auxiliary load.
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Figure 2. The four basic operating modes for the refrigeration system with heat recovery.

The operating modes A, B, and C correspond to no HR, partial HR, and full HR, respectively.
Operation mode D uses spare compressor capacity for heating as an air to water heat pump. The
auxiliary load via the outdoor air and the gas cooler could be replaced by other heat sources like a
bore hole or sea water, but the configuration is suggested as a cheap solution using the components
already at hand to minimise the investment.
The transition from mode C to D is as follows: Valve C opens and meters CO2 gas to the suction line,
which increases the load enabling the compressor pack to meet the required heat production. The
pressure in the gas cooler drops, which lowers the saturated temperature to a few degrees below
the outdoor temperature. To maintain the pressure and to ensure a sufficient flow of gas, the
expansion valve A opens to feed liquid to the heat exchanger, while being controlled by the super
heat measured on the suction line (the discharge line in normal operation). The configuration is
bottom feed to ensure dry gas at the outlet. Standard fan operation will result in counter flow, but this
could be mediated by reversing the fan during heat pump mode. This would also facilitate the
discharge of water drops at the fin edge after defrosting. The pipe feeding the expansion valve A has
a serpentine like loop distributed on the surface under the gas cooler. This will prevent the build-up
of ice at ambient temperatures below zero after defrosting, and it ensures that the water can drain
away. Defrosting will be necessary at regular intervals at prolonged operation. It is estimated that
defrosting will be needed four to eight times a day. It is expected that the energy needed for
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defrosting will reduce the supplied heat by 20%. Defrosting is initiated by a timer, and it takes place
by reverting to operation mode B. It is stopped by a defrosting sensor (not shown). Calculations of
the coil geometry show that enough capacity would be achieved at a temperature difference across
the heat exchanger in the range of 2 to 3 K, maybe slightly higher depending on the stability of the
super heat signal. With saturated suction temperatures on the MT compressors in the range of -8 to
-10 °C, it will only be very few hours during the winter that the heat pump mode will require a lower
evaporation temperature, or that the pump must be stopped. According to the Danish Design
Reference Year (DRY), there are only 280 hours a year where the temperature is lower than -5 °C.
However, the question remains if the heat pump mode will pay off in combination with a district
heating grid. This is investigated in the following section, but first the achievable efficiencies are
looked at.
In Fig. 3 to 7, the operating modes are represented in h,T diagrams and for reference also in h,logP
diagrams. In the h,T diagrams, the water temperature through a HXR is represented as a solid
straight blue line and the CO2 temperature as a solid red line coinciding with an isobaric line (any
pressure drop is ignored). Thus, the temperature differential in an HXR is visualised. All graphs are
calculated with both the approach and the pinch point differential equal to 1 K, which is economically
feasible to achieve in a plate heat exchanger. In all cases, the total load on MT and LT cabinets is
100 kW with evaporation temperatures of -10 °C and -35 °C, respectively. Fig. 3 is the winter
reference situation as the plant will operate at the minimum condensing temperature most of the
time. It is possible to recover heat without extra energy consumption, but only a very limited amount.

Figure 3. Operating mode B. Floating or minimum head pressure. In this case 50 bar (tsat = 15 °C).

Figure 4. Operating mode B. Increased head pressure 90 bar. Water temperature 35/ 60 °C.

By increasing the pressure, it is possible to recover more heat, but at the expense of a higher energy
consumption. Every time higher temperatures or a higher heating capacity are achieved compared
to the reference state, the corresponding COPHR is reduced.
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Figure 5. Operating mode C. Increased head pressure 91,4 bar. Water temperature 35/ 60 °C.

Figure 6. Operating mode C. Increased head pressure, 97,3 bar. Water temperature 35/ 70 °C.

Figure 7. Operating mode D. Increased head pressure, 105 bar. Water temperature 39/ 70 °C.

The ultimate limit for the heating capacity is the installed compressor capacity when an auxiliary load
is employed as well.
Note that the optimum pressure for a given condition might be higher than the optimal pressure
without heat recovery due to the constraints given by the temperature profiles as exemplified in Fig.
6 (Christensen, R., 2018).
As can be seen from Fig. 1, the supply and retur temperatures for the investigated case are higher
than these examples. The cost of the produced heat will be estimated accordingly in the following.
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3. THE LOAD PROFILE

Heat supplied [kW]

Fig. 8 shows the measured heat load profile for the day in 2018 with the highest heating demand.
The spikes are not an exact representation of the changes in the heating load, but rather a
consequense of the meter supplying the data in (large) kWh increments. The demand covers both
space heating and hot tap water. For most of the vinter period, the ambient temperature is low so
that refrigeration systems without HR operate at their minimum condensing temperature. For the
actual plant, this corresponds to a mean engaged capacity of 21% out of 100% installed compressor
swept volume based on data from December 2018 and January 2019. This corresponds to a 41 kW
mean refrigeration load on the MT compressors. The heating capacity for this refrigeration load at
operating mode C at 105 bar and water temperature 40/ 70 °C is 69 kW. The variation is small from
day to day varying between +/- 1%, whereas the variation from day to night is larger. Both night and
day are seen from 0% to 40% engaged capacity with more frequent stops at night. The mean day
load in swept volume from 4:00 am to 20:59 pm is up to 25% and at night from 21:00 pm to 3:59 am
it is down to 13%. The HR potential based on this cooling load and these temperatures is represented
by the dashed line in Fig. 8.
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Figure 8. Heating load and HR profile for the day in 2018 with the highest demand.

Note that the load profiles are not based on data from the same day, and they probably represent an
extreme case. Even so, the heating spikes, which are not covered, represent only 5% of the heat
load. For the winter as a whole, it is only 4% (8200 kWh) that cannot be covered by operating mode
B and C, and all heating needs are covered with HR in the summer with floating head pressure. This
means that the investments needed to enable operating mode D cannot be justified unless there is
a business case for selling heat to the district heating grid.
As a large part of the load stems from door openings and insulation losses from room and cabinets,
a significant part of this load adds to the load of the heating system. A guestimate is 80%
corresponding to 787 kWh (41x24x0.8). This is more than half of the heating load on the day with
the highest heating demand. The remaining 20% is covered by internal electric loads in the cabinets
from lights, fans, and defrost heaters (no data in this study presently available).
In Table 1, the number of hours and the heating demand correspond to those shown in Fig. 8. The
heat recovered (HR) and the consumed power (Ptot) are calculated based on the supply and return
temperatures close to the measured values in Fig. 1. The condition is operation mode B with only a
limited subcooling in the gas cooler achieved by reducing the speed of the gas cooler fans. This is
necessary to respect the application limits from the compressor manufacturer and at the same time
use as much as possible of the HR potential.
Pref is the power, which the plant would have consumed in cooling mode only. Pnet is the difference
between Ptot and Pref, and thus the extra power used to enable heat recovery. COPHR is the ratio
between HR and Pnet. When the pressure and the absorbed power are increased to enable HR, the
compressor(s) is considered as a heat pump, and the tax has to be paid based on Ptot. The cost of
power includes mandatory tax, distribution, and production costs. Note that the power price on the
Danish spot market has increased from 0.224 DKK/kWh as a mean value in 2017 to 0.376 DKK/kWh,
which is the mean value from January 2019 used in this calculation. Specific cost HR is the price
paid per kWh and Cost is the total price in the interval. DH cost is the price if the same amount of
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heat should have been supplied from the district heating grid. The saving for the specific day would
have been increased from 104.69 DKK to 207.29 DKK if the temperatures for the supply and the
return are lowered to 75 °C and 35 °C, respectively. For the summer condition, the calculation is
more favourable as the heat needed for hot tap water preparation can be supplied without increasing
the pressure or the temperature as the cooling load is higher and the price for the district heating is
also higher (0.47 DKK/kWh) due to the tarif structure in this specific case.
Table 1. Calculation of cost and efficiencies for the 1st of March

Number of hours
Cooling demand
Heating demand
HR
Ptot
Pref
Pnet
COPHR
Tax
0.15 DKK/kWh
Power 0.63 DKK/kWh
Total Cost
Specific cost HR
Energy Recovered
Cost
DH cost 0.37 DKK/kWh
Savings day total

kW
kW
kW
kW
kW
kW

Unit
h

DKK/h
DKK/h
DKK/h
DKK/kWh
kWh
DKK
DKK
DKK

Winter worst case Supply - Return 85 °C - 45 °C
Night
Day
1.75 1.25 3.75 0.25 3.75 9.75
3.5
25
25
25
25
49
49
49
28
37
56
111
37
56
111
28
37
45
45
37
56
111
13.8 17.7
23
23
20.9 27.1
56.6
5.4
5.4
5.4
5.4 10.4 10.4
10.4
8.4
12.3 17.6 17.6 10.5 16.7
46.2
3.3
3.0
2.6
2.6
3.5
3.4
2.4
2.07 2.66 3.45 3.45 3.14 4.07
8.49
5.29 7.75 11.09 11.09 6.62 10.52 29.11
7.36 10.40 14.54 14.54 9.75 14.59 37.60
0.26 0.28 0.32 0.32 0.26 0.26
0.34
49
46
169
11
139
546
389
12.88 13.01 54.52 3.63 36.56 142.21 131.59
18.13 17.11 62.58 4.17 51.34 202.02 143.75

Totals
24
(1417)

1349
394.40
499.09
104.69

However, the surplus heat, which can be sold to the district heating company in the summer, is very
limited, and the price paid by the grid owner is in this case only 0.15 DKK/kWh, and the slightly higher
payment available in the pay back period (0.20 DKK/kWh) cannot justify increased expences. The
total revenue is calculated to 51896 DKK (winter 16330 DKK, summer 32938 DKK, and sale of
surplus heat 2628 DKK). These calculations are based on winter and summer mean conditions,
respectively. As the variations in the summer load is higher and not yet measured, it is expected to
be a conservative estimate, which means that the amount of surplus heat could be higher.
If the heating system can be optimised to accept a lower supply temperature at 70 °C and reduce
the return temperature to 35 °C as well, then the revenue can be increased to around 70000 DKK.
The present high price of power is in part due to the low amount of water in the resevoirs for water
power in Norway and Sweden and less wind for Danish wind turbines. In round figures, the revenue
will increase by further 10000 DKK, if these conditions change and consequently the power price
drop to the level of 2017.

4. DISCUSSION
Due to the differentiation in price for heat supplied versus heat delivered in the presented case, the
most favourable operation implies that the cost is displaced from the grid to the operating of the
refrigeration system rather than selling energy to the district heating grid. The result is that most of
the load from the supermarket building is lifted from the grid. The analysis shows that it will make no
sense to supply the grid by boosting the amount of energy produced with the auxiliary load, e.g. the
gas cooler in operation mode D, except when the variable price of the power is negative. However,
if the supermarket building is not connected to the grid, it would make perfect sense as the heat
could be produced to practically the same price as supplied from the district heating company.
The prices reported for refurbishing existing refrigeration systems with the heat recovery option is in
the range of 200000 to 300000 DKK. In this case, this will give a direct payback time between three
to six years. For smaller supermarkets, the payback time will probably be longer unless the solution
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is supplied as integrated in a new installation. As the revenue is limited, it is very important that the
refrigeration system owner is not imposed to extra cost due to maintenance and repairs. Thus, the
design and operation of the system should ensure the longest possible lifetime of the system.
The characteristic fluctuations usually seen in connection with the loading and unloading of the
compressor pack are not favourable for optimal control of a heat recovery system. The dynamics
imposed on the HXR increase the thermal stress and make it difficult to meet the desired set point
for the leaving water temperature. Today, the fluctuations are inherent in most supermarket control
systems as they are commissioned, and a considerable effort is necessary to identify optimal
operating parameters and set points to achieve a more stable control regime. This will reduce the
thermal stresses of the HXR, and thus increase the lifetime of the installation. Furthermore, it will
improve the efficiency of the heat recovery and possibly also the refrigeration system.
A secondary control issue is the fluctuating prices on the power market. When the maxima of heat
load and the spot prices coincide, the cost of HR is higher than that of district heating. A simple
solution is to limit the HR in the times of the day where the prices are often the highest. However, a
price signal from the power company is also a possibility, either for a day ahead or hour by hour,
depending on the available services. In addition, care should be taken not to produce hot tap water
in critical periods. Therefore, another simple measure is a storage tank for hot water sufficiently sized
to enable hot water production at night where the other heat loads as well as the power price are
often lower.

5. CONCLUSIONS
It is shown that fair efficiencies are possible when heat recovery is applied on refrigeration systems
with CO2, even if the conditions often are unfavourable as they are defined by the design of the
existing heating system in terms of the required high supply temperatures and the achieved equally
high return temperatures.
Despite the required relatively high investments, a moderate payback time between three to six years
is achieved for both supermarket buildings connected to a district heating grid as well as remote
locations where the heat recovered can replace oil and gas burners and improve both operation
costs and carbon footprint.
However, preceding cases of heat recovery installations show that there is room for improvement in
terms of establishing good practice when installing critical components such as heat exchangers and
developing sound control regimes as well as commissioning guidelines to ensure a long service life
and high efficiencies.
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ABSTRACT
Display cabinets are widely used in supermarkets and represent an important part of their energy
consumption. The present study is focused on the performance of the display cabinet with integrated
phase change material (PCM). To enhance the heat transfer and facilitate the PCM melting and freezing,
PCM is placed into a heat exchanger. The experimental results show an important potential of PCM to
preserve the temperature during a compressor stop. In addition, adding PCM to the refrigerated display
cabinet is considered as an interesting lever for electricity. PCM heat exchanger integration inside the
rear duct may also affect the airflow.
Keywords: Phase Change Materials, Display cabinet, refrigeration, thermal behavior

1. INTRODUCTION
The refrigeration is one of the most energy consuming applications in the food supply chain. About 35%
of this electricity consumption is used by the food sector (Evans et al., 2014). Today, commercial
refrigeration becomes an important segment of the economy and shows a constant increase. It
represents around 4% of the annual electricity consumption in industrialized countries (Gullo, Hafner, &
Banasiak, 2018; Tassou, Ge, Hadawey, & Marriott, 2011) and 35-50% of this total electricity is
consumed by the refrigeration (Sawalha, 2014). In fact, display cabinet is the most widely used and
energy intensive equipment in food retail (Evans, Scarcelli, & Swain, 2007; Tahir & Bansal, 2005). In
this context, the integration of energy storage devices using Phase Change Materials (PCM) in the
display cabinet can present opportunities for reducing peak demand and supermarket energy cost.
Indeed, PCM inside display cabinet increase the flexibility of the device. In fact, flexibility is the key to
the energy transition success. PCMs allow reducing the demand at critical moment (peak consumer
demand) by attenuating peaks in demand and deferring a part of the power consumption at another
time (peak shaving). PCMs can defer the energy demand at the optimal time for electricity supplier
(curtailment), and consequently avoid building new power plants or using priced electricity [12].
Moreover, PCMs can be a solution to the intermittency of renewable energy sources and encourage
supermarkets to self-consumption via solar energy or wind energy. It should be noted that many
governments offer incentive to encourage such use.
Many studies have focused on the application of phase change materials for energy storage in
refrigeration equipment such as for example refrigerator(Belman-Flores, Barroso-Maldonado,
Rodríguez-Muñoz, & Camacho-Vázquez, 2015). Azzouz and al. (Azzouz, Leducq, & Gobin, 2008)
placed PCM sheets on the back side of a refrigerator evaporator. The heat transfer between the liquid
and solid PCM was shown to be significantly higher than the heat transfer generated by natural

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3387

convection in the compartment area of the refrigerator without PCM. The result was a higher evaporation
pressure, an increased refrigeration capacity and a significant performance enhancement.
PCM has received a considerable interest for its use in refrigerated trucks. A PCM thermal storage unit
can even be a substitute to a conventional refrigeration system (Liu, Saman, & Bruno, 2012). In this
case, the PCM storage unit is charged by a refrigeration unit located off the vehicle. This concept has
been proved as feasible for mobile transport. In addition, the system has been found to consume less
energy and to produce much lower greenhouse gas emissions. So far, only few studies concerning the
application of PCMs in display cabinets have been published. Lu et al.(Lu et al., 2010) in their work have
integrated heat pipes and PCM within shelves to improve heat transfer and reduce temperature
heterogeneity. The results showed that the new shelf with heat pipe leads to lower food temperature (3
to 5 °C) and improves the uniformity of temperature distribution. Sevault et al. focused on a novel PCM
accumulator for a refrigerated display cabinet (A. Sevault, 2018). The PCM accumulator used is
composed of three fluids: PCM (pure water), air to be cooled and CO2 as refrigerant. Their work consists
to optimize the PCM accumulator design. They observed the influence of the distance between CO2
coils and air ducts on the charge and discharge of PCM. Alzuwaid et al. (F. A. Alzuwaid, Ge, Tassou, &
Sun, 2016; F. Alzuwaid, Ge, Tassou, Raeisi, & Gowreesunker, 2015) used PCM charged into two single
panel radiators, in the back flow channel of an open vertical display cabinet. The tests results showed
energy savings, lower cabinet temperatures and a significant stabilization of product temperatures
during defrost.
The purpose of this work is to study experimentally the PCM integration on an open display cabinet.
Important quantity of the PCM is investigated (7kg), the container is a heat exchanger and the PCM is
pure water without additives. The work’s originality is the characterization of the PCM heat exchanger
and its effect on the thermal performance of the display cabinet. Moreover, the comparison of the air
and product temperature rise obtained with a normal display cabinet (without PCM) and a modified
display cabinet (with PCM) during a compressor stop (curtailment) is discussed.

2. MATERIALS AND METHODS
2.1.

Display cabinet description

The display cabinet used in the present study is shown in Figure 1. It has five shelves (from 1st for top
to 5th for bottom). It is loaded with packages of test product.

Figure 1: Integration of PCM heat exchanger inside the display cabinet

Cold air from the outlet of the evaporator circulates vertically through the PCM heat exchanger placed
in the rear duct (up to the 3rd shelf) to the discharge air grid (DAG), then flows down into the return air
grid (RAG). Along the rear duct and even along the PCM heat exchanger, a part of this air flows
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horizontally through the back perforated panel (BPP) and provides cooling directly to products. A part
of the ambient air is infiltrated and mixed to the top-down flow (Figure. 1).

2.2.

PCM heat exchanger description

Water is chosen as the PCM used in this application due to.its properties: high latent heat (334 kJ.kg1) and specific heat (4184 J.kg-1.K−1), easily available, safe, cheap, non–toxic, non–flammable. Water
can be considered as one of the best suited PCM for food application. To integrate PCM inside the
display cabinet, many positions were suggested. However, the suitable position depends on some
important criteria. First of all, the PCM freezing and melting temperature: indeed, the air temperature is
different from one position to another inside the display cabinet. That’s why a temperature test is carried
out to determine the temperature range in different areas of the display cabinet (rear duct, discharge air
grid, return air grid, under shelves…) for different ambient conditions (T=15, 20 and 25°C). Results
showed that the rear duct is the best zone to introduce PCM, due to its temperature range. More details
can be found in previous works [23] [22]. The second criterion is the important PCM quantity needed to
ensure at least 1h of compressor stop without a large product temperature rise (less than 4°C). In our
case, PCM is introduced inside a heat exchanger. This configuration is selected not only because heat
exchanger contributes to enhance total heat exchange surface is S_exch=25 m2 (manufacturer’s data),
but also because the evaporator is located at the bottom of the display cabinet, giving enough free room
in the rear duct to install a heat exchanger. Moreover, the ease of installing of the PCM is also taken
into account. Finally, the position in the rear duct just after the evaporator (Figure.1) is also interesting
since the air velocity is here at its maximum value, resulting in a local convection heat transfer around
20W.m-2.K-1. The heat exchanger is filled with 7kg of PCM. This quantity is related to the display cabinet
power (600 W) and the targeted duration of curtailment of 1h. PCM volume occupies 70% of the total
volume of the heat exchanger to take into account the water volume expansion during the phase change.

2.3.

Instrumentation

T-type thermocouples (TMC) were used for measurement of: Temperature of products at the surface
and at the core (blue dot) and air temperature: at the air curtain, air supply (DAG) and return grill (RAG),
in the back duct and room temperature (green cross). The positions of these thermocouples are shown
in Figure.2. The PCM heat exchanger is also instrumented with T-type thermocouples (black cross)
according to the schema (Figure.3) in 5 levels related to different charging ratio. At each level, two
positions are instrumented: at the middle and at the right side. All thermocouples were calibrated and
have a precision of 0.3°C.

Figure 2: Modified display cabinet instrumentation

Figure 3: PCM heat exchanger instrumentation
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2.4.

Test conditions

Temperature inside the display cabinet is controlled by a thermistor probe located at the bottom of the
display cabinet, at the right side of the rear duct and at the level of the first shelf. For all experiments,
the settings parameters of the electronic controller are fixed as follows: the compressor is turned off
when the temperature measured by the thermistor probe reaches the set point temperature -5°C with a
differential temperature (+2°C compared to the set point temperature). The defrost starts periodically
each 8 hours. Defrosting is done by stopping the compressor. Defrost period ends when the temperature
sensor of the display cabinet reaches 11°C. The display cabinet is located in a test room in which the
ambient temperature is fixed at 16°C.

2.5.

Charging and discharging Ratio

In order to characterize the PCM behavior during phase change processes and the heat exchanger
performance, charging ratio is defined according to the temperature of PCM at 4 positions inside the
heat exchanger. These positions (Figure.3) correspond to the charging ratios of 0% (position1), 25%
(position 2), 50% (position 3), 75% (position 4) and 100% (position 5). During the charging process, the
phase change is complete when the temperature at one position is lower than 0°C (freezing temperature
of PCM) and begins to decrease (point C in Figure.4); the PCM is then considered to be fully solid.
Conversely, during discharging process, the PCM is considered to be fully liquid when the temperature
begins to increase after the phase change stage (Point F in Figure.4).

3. RESULTS AND DISCUSSIONS
3.1.

PCM heat exchanger characterization

Figure 4: Temperature evolution of the PCM inside the position 4

The Figure 4 illustrates the PCM behavior during a cycle of charge and discharge processes at the
position 12 of the PCM heat exchanger. In this cycle, 6 phases can be defined:
-A-B: Cooling phase 1 - PCM in liquid state: the PCM temperature decreases to the phase change level
(near 0°C)
-B-C: Cooling phase 2 - liquid to solid phase change: during this period, a temperature plateau around
0°C is observed, latent heat is stored by PCM. At the end of this phase, the PCM is completely solid.
-C-D: Cooling phase 3 - PCM in solid state: PCM temperature continues to decrease,
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-D-E: Compressor stop phase 1- PCM in solid state: during this phase, the compressor is stopped due
to defrost. The PCM temperature increases until it attains the phase change level around 0°C
-E-F: Compressor stop phase 2 - solid to liquid phase change: while the PCM temperature stays around
0°C
-F-A: Compressor stop phase 3 - PCM in liquid state, PCM temperature increases

Figure 5: PCM ratio of charge during time

Figure 6: PCM ratio of discharge during time

Figure 5 and 6 show the time evolution of the PCM ratio of charge and discharge. The time necessary
to totally charge the heat exchanger (i.e. the PCM becomes completely solid) is 220 min (3h40 min).
However, it takes only 100 min (1h 40min) to melt the PCM: the discharging time is 3 times faster than
the charging time. This result can be explained by the larger temperature difference between the air and
the PCM during discharge.

Table 2: PCM temperature during discharge
Table 1: PCM temperature during

In order to understand the progress of the charging process, table 1 illustrates the evolution of the
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temperature in different positions in the heat exchanger at several moments. Initially (0 min), the PCM
temperature was positive (red cases). After 50 min, positions 1 and 2 situated near the evaporator were
the first to change phase. Then, at 125 min later, position 3 starts to freeze in the middle, followed by
the two others (position 4 at 185 min and position 5 at 225 min). From these results, it can be concluded
that the PCM charge is progressive and the middle is more sensible to temperature variation than the
tube extremities. This phenomenon is due to the position of the fan and the airflow pattern inside the
display cabinet. The same behavior is observed for the discharge process (table 2): the discharge is
also progressive and starts from the middle of the tube to the extremities. (t=50 s), at about mid-time
(t=800 s) and at the end (t=1320 s).

3.2.

PCM effect on the air temperature inside the rear duct

Figure.7 presents the air temperature evolution during a compressor stop for a modified display cabinet.
Dashed curves represent air temperature measured at the heat exchanger level and continuous line
curves represent air temperature after the PCM heat exchanger in the rear duct. The dynamic behavior
of the 2 types is different. For the first category, the air temperature decreases more at each level. This
is due to the PCM melting that cools the air though the PCM heat exchanger. The air temperature
evolutions after the PCM exchanger (Tair 4 and Tair 5) are influenced by the PCM melting. It reaches only
6.5°C after 1h40 min of a compressor stop.

Figure 7: Air temperature in the rear duct during a compressor stop

3.3.

Comparison between a modified and unmodified display cabinet during a
compressor stop

Figure.8 shows a comparison between temperature rise ∆T (∆T = Tt -Tini, temperature gap between the
temperature at every instant and the temperature at the beginning of the compressor stop) of packages
for a modified and an unmodified display cabinet during a compressor stop. Globally, PCM heat
exchanger is able to provide cooling for the packages during a compressor stop: ∆T is much less
important for modified display cabinet. For the 1st shelf, ∆T for the back product is around 0°C. This can
be explained by the PCM heat exchanger location and the control set temperature for the experiment.
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Figure 8: Comparison between the packages temperature for a modified and an unmodified display cabinet
during a compressor stop

Figure.9 represents the comparison between the dimensionless air temperature (ϴ= (Tt-Tini)/(Tamb-Tini))
in the rear duct with and without PCM exchanger during a compressor stop. It is interesting to observe
the slope change with the PCM exchanger: the temperature rise is damped by the PCM melting. These
two results confirm the potential of applying curtailment with the display cabinet with PCM.

Figure 9: Comparison between the air temperature in the rear duct for a modified and an unmodified display
cabinet
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4. CONCLUSIONS
The experiment study of the modified display cabinet show interesting results. In fact, despite the
presence of the PCM exchanger in the rear duct, the display cabinet is able to cool and conserve the
temperature product and in the same time store cool in PCM. During the compressor stop, PCM provide
cool and the temperature rise for air and product is damped. This work proves the PCM integration
feasibility and confirms the PCM potential inside display cabinet.
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ABSTRACT
A deep synergy between the refrigeration and the HVAC plants is a viable solution to reduce the energy
use of supermarkets. Not only heat recovery can be performed from the refrigerating plant in favour of
space heating and hot water production, but also provision of AC capacity.
A model based on TRNSYS and in-house types, validated with field data gathered from a fully
instrumented plant in an active supermarket, allows to seek the optimal coupled solution. The model has
been used to predict its feasibility and energy use at different climate conditions, for a reference
supermarket. An energy saving of about 9% was predicted, regardless of the climate conditions, if the
energy performance quality of the building envelope is kept constant.
The integration of the refrigeration and HVAC systems shows to be effective in terms of energy use.
Significant reductions can also be obtained in the investment costs, space occupied by the plants and
amount of refrigerant charge.
Keywords: Carbon dioxide, Commercial building, Commercial refrigeration, Heat recovery,
Modelling, Supermarket

1. INTRODUCTION
The efficiency of CO2 plants in supermarkets is a critical issue at warm climate conditions, when yearly
energy consumption can be higher than that of conventional HFCs plant, thus contrasting the efforts to
reduce the greenhouse gas emission. This drawback is partially overcome by employing one or more
improved system configurations, such as parallel compression, overfed evaporators, compression work
recovery (Gullo et al, 2016). A key role in making CO2 systems attractive can be played by heat recovery,
which can take advantage of the high discharge temperature and properties of the transcritical carbon
dioxide and turn the use of this natural refrigerant into an advantage (Polzot et al 2016, 2017a, Sawalha
2013, D’Agaro et al 2018). In the view of reducing substantially the investment cost and increasing the
compactness of the system, the integration between the refrigerating and the HVAC systems can be
extended also to the air conditioning function, which can be assigned to the commercial refrigerating
unit. Different solutions have been investigated, with similar or even slightly lower energy use
(Karampour and Sawalha 2017, 2018; D’Agaro et al. 2019; Pardiñas et al, 2018). Modelling the whole
system is the main tool when looking for the best solution, possibly with validation by comparison from
field data (Minetto et al. 2014; Karampour and Sawalha 2017; Cortella et al. 2018).
A small supermarket (1200 m2 selling area) located in Modena (Italy) has been considered as case study
for this work. It was recently refurbished in the framework of the FP7 European Project CommONEnergy,
involving several aspects such as plants, envelope, solutions for both artificial and natural lighting and
the refrigeration system, which is fully integrated with the HVAC one. A comprehensive model has been
setup in the Trnsys environment, and validated with field data. With such model the performance of the
integrated system is estimated at various climate conditions, to help identifying a design rule when
replicating this installation in other sites.

2. REFRIGERATION AND HVAC COUPLING
The commercial refrigeration system considered supplies cooling capacity to 14 m of new refrigerated
display cabinets for the low temperature level (LT) and 40 m of closed cabinets and 23 m of serve-over
or open ones for the medium temperature level (MT). The commercial refrigeration unit coupled with the
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HVAC plant is sketched in Fig. 1. It is a transcritical CO2 booster system with receiver at the intermediate
pressure pINT and parallel compression for the flash gas, which is expanded to MT pressure in subcritical
operation or is compressed to the high stage (HS) pressure pHS in transcritical operation. The evaporating
temperature is -35 °C and -10 °C for the MT and LT application respectively. The system performs waste
heat recovery at two temperature levels at the exit of HS compressors: heat exchanger HR1 recovers
heat for DHW production (70 - 55 °C) and heat exchanger HR2 supplies lower temperature water for
space heating purposes (50 - 40 °C). In order to increase the amount of heat recoverable in wintertime,
the refrigeration system is forced to operate in transcritical regime, at a pHS value higher than the
subcritical one which would be driven by the outdoor temperature.
An evaporator at pINT pressure (AC supply) may be used to provide cooling capacity for air conditioning
system. Both compressor racks, LS and HS, are composed of two compressors, distinguished as master
and slave compressor. The master is controlled by an inverter and the slave is an ON/OFF type.

Figure 1: Schematic of the CO2 refrigeration system with heat recovery and evaporator for AC supply

The comprehensive model of the entire refrigeration system, which includes the operation of the display
cabinets, cold rooms and of the refrigerating unit has been implemented in the TRNSYS environment,
developing in-house routines for each component. In particular, the sub-hourly cooling load profiles at
the two evaporating levels are predicted by adjusting the cooling capacity at rated condition of each
display cabinet in accordance with time-dependent operating conditions in the supermarket as described
in detail in Polzot 2017b. Regarding the refrigerating unit, the thermodynamic and thermophysical
properties of the refrigerant are calculated by linking our in-house routines in the TRNSYS environment
to the CoolProp libraries (Bell et al., 2014). The compressors are described through correlations provided
by the manufacturer in accordance with the Standard EN12900:2013.
The values of the main design parameters are reported in Table 1.
The control rules implemented in the model are described in D’Agaro et al ( 2019). If there is no heating
demand from the HVAC system in the supermarket (qHEA = 0), the high stage pressure pHS is driven by
the outdoor temperature as in Polzot 2017b; otherwise, when there is heating demand (qHEA ≠ 0), the
refrigerating unit is switched to transcritical mode at 78 bar.


in transcritical operation: pHS = max(75;1.75tGC _ out + 22.13) [bar]
if qHEA =0  

in subcritical operation: pHS = max (psat (tcond ,min ); psat (tGC _ out − tsc )) [bar]


if qHEA  0  pHS = 78 [bar]

Eq. (1)

In the integrated system, the heat recovery in heat exchanger for both DHW and heating is active
whenever the outlet water temperature (tw,HR_out) is higher than the temperature in the corresponding tank
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(ttank). Whenever the temperature in the tank drops below the minimum value (ttank,min), the corresponding
heat pump HP (Fig.1) is activated to bring the set point value (ttank,set) back.

if t
> t and ttank  ttank,set  HR active

 w ,HR _ out tank


if ttank  ttank,min  HP active

Eq. (2)

The COP profiles for the two heat pumps used to fulfil DHW/Heating demands are shown in Fig. 2 as a
function of the outdoor temperature.

Figure 2: Coefficient of Performance of the heat pumps for DHW and heating

As regards the AC capacity, the evaporator at pINT pressure (AC supply) supplies cooling capacity up to
a limiting value imposed by the maximum compressor displacement, aiming at reaching the setpoint
value. Whenever the temperature in the tank raises above the maximum value, the corresponding unit
(HP2 in Figure1) is activated to bring the set point value back. The EER of this chiller unit is given by:
Eq. (3)

EER = 5.629 − 0.0886 text

The set point and minimum/maximum temperature values are reported in Table 1.
The model has been validated with data from a whole year of monitoring (D’Agaro et al, 2019).
Table 1. Main design parameters for the commercial refrigeration unit

Parameter

Unit

Value

Nominal cooling capacity at MT
Nominal cooling capacity at LT
MT evaporating temperature
LT evaporating temperature
Minimum condensing temperature tcond,min
Liquid receiver pressure pINT
Degree of subcooling at subcritical conditions ΔTsc
Gas Cooler/Condenser approach ΔT
Superheat at LS/HS suction
DHW tank setpoint temperature / min temperature
HVAC tank setpoint temperature / min temperature (heating use)
HVAC tank setpoint temperature / max temperature (AC use)

kW
kW
°C
°C
°C
bar
K
K
K
°C
°C
°C

70.5
10.8
-10
-35
6
35
3
4
30/20
70/55
45/35
7/12
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3. SUPERMARKET BUILDING AND HVAC DEMANDS
The supermarket, which was a democase in the EU CommONEnergy project, has a selling area of 1200
m2. It is rectangular in plan and occupies the ground floor of a building. The north-east façade of the
building is visible in the picture of Fig. 2 (marked 1 in the plan sketch of the supermarket in the right). The
supermarket is in the lower glazed part, shaded by a porch and it is just 3.16 meters high; the upper floor
is entirely occupied by a gym and a warehouse area is located in the underground. The other external
façade (marked 2) is mainly opaque, as just 2% of its surface is glazed. A gallery runs along the two
other façades. The thermal transmittance of the opaque elements as well as the thermal and the
solar energy transmittance of the transparent elements of the envelope are provided in Table 2.

Figure 2: Case study supermarket: main façade after retrofit (left) and sketch of the plan (right)

The model for the building energy simulation, which was realized using multi-zone building Type 56,
derives from the outcomes of the EU CommONEnergy project. Antolin et al. (2016) report the full data
set for the simulation model, in Table 2 just the main values of building loads and the heating and cooling
temperature set point values are summarized. The building was subject to a deep renovation, which
included the wall insulation and new glazed façade, Load from lighting have been substantially reduced
by massively using LED lamps and solar light tubes. It should be underlined that the sensible and latent
contributions from the display refrigerated cabinets to the HVAC system are dynamically calculated: the
heat and mass transfer between the refrigerated volumes and the indoor environment are assessed, for
each cold room and display cabinet typology, as a function of the indoor air temperature and humidity.
Table 2. Main input data for the simulation model of the building for the actual building (climate 4)

Building envelope

U (W m-2 K-1)

g

Exterior wall (marked in yellow in Fig.2)
Exterior wall (marked in red in Fig.2)
Ceiling/interior floors
Ground floor
Exterior glazed façade (marked in blue in Fig.2)

0.275
0.290
0.930
1.73
1.80

0.6

Building loads and set points
Lighting (W/m2)
Appliances (W/m2)
Occupancy in the selling area (persons/m2)
Heating set point temperature (°C)
Cooling set point temperature (°C)

12
10
0.2
22
26

In this study, 5 locations representative of different Italian climate conditions are considered. The
weather files for the simulation of both the commercial refrigeration unit and the building are the
Typical Meteorological Year (TMY) which derive from the Meteonorm database (Meteonorm, 2017).
In order to perform a fair comparison among the loads on the HVAC system at different climate
conditions, the energy performance quality of the building, with reference to the winter performance,
has been keep constant. The thermal characteristics of the building envelope at each location have
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been corrected to attain approximately the same ratio as the actual building at climate 4:

EPH ,nd
EPH ,nd ,lim

= 0.35

Eq. (4)

between the annual heating energy need per unit area EPH,nd (EN ISO 13790) and its benchmark
value EPh,nd,lim calculated, as indicated by the Italian National Decree of June 26 th, 2015, assuming
the prescribed thermal transmittances values for the elements of the building envelope.

4. SIMULATION RESULTS

Table 3 reports the locations, identified with an increasing number from the warmest (1) to the coldest
(5) one, the value of Heating Degree Days and Cooling Degree Days (estimated from the weather
data for 18 °C indoor temperature and outdoor temperature lower than 15 °C for HDD according to
EUROSTAT; for 21°C indoor temperature and outdoor temperature higher than 24 °C for CDD
according to JRC/MARS), the climate zone classification according to Italian regulation, the annual
energy need for heating EPH,nd and for cooling EPC,nd, both per unit area.
Table 3. Reference Italian cities, climatic region, annual energy need per unit volume for heating EPH,nd
and for cooling EPC,nd

Climate
1
2
3
4
5

HDD
606
1112
1600
1837
2438

CDD

Climate
zone

380
237
248
395
65

A/B
C
D
E
E

EPH,nd
[kWh m-2y-1]

EPC,nd
[kWh m-2y-1]

20.61
31.65
51.39
55.19
76.08

22.66
13.50
13.08
16.66
5.60

The simulations performed on the building at the various climate zones gave rise to different
distributions of heating and cooling loads, which are summarized in terms of monthly energy values
in Fig. 3. The heating load for DHW has been assumed constant for all climates, given the
commercial use of the building. Also the LT and MT cooling loads at the display cabinets have been
assumed not to be affected by outdoor conditions, and their monthly values are shown in Fig. 4.

Figure 3: Heating, cooling and DHW demands

Although the building envelope has been adapted to face the various climates, the great influence of
outdoor conditions on both the heating and cooling demands appears clearly.
A slight oversizing of the commercial refrigeration unit, especially of its parallel compressor, with the
control rules described above allows the load coverages reported in Figure 5. Coverage of the
heating demand by heat recovery is from 70 to 76% depending on the climate. Hot water production
is guaranteed up to 97 %. Similarly, air conditioning is fully covered at the coldest climate, and almost
fully covered at all climates with the exception of climate 4 (coverage: 94%), which is not the warmest.
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Figure 4: LT and MT cooling load of the display cabinets

This is due to the distribution of outdoor temperature values (and consequently cooling load) which
is characterized by higher temperature values for shorter periods in climate 4 when compared to
climate 1, typical of Mediterranean seaside location. This can also be seen in Fig. 6, where the
number of hours of operation of the parallel compressor is given as a function of its fractional capacity
for climates 1 and 4. For climate 4 the parallel compressor works at its nominal capacity for a larger
number of hours.

Figure 5: Load coverage of the energy need for space heating (HEA) and cooling (AC) and of the energy
demand for DHW production

Figure 6: Number of operating hours of the parallel compressor in each capacity fraction range
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The annual energy use has been evaluated for all the climates, and compared to the solution with
separate refrigerating, heating, cooling and how water production systems (Table 4). In the integrated
system the residual portion of loads not covered by the CRU relies on heat pumps. In all cases the
integrated system leads to an energy saving around 9 %, with the highest value at the coldest climate,
where heat recovery can be effectively exploited. Uniformity in energy saving values could be due to the
high quality of the envelope, which damps the influence of outdoor conditions, and to some oversizing of
the CRU, which limits the operation of the auxiliary heat pumps.
Table 4. CRU and Heat Pumps yearly electrical energy demand for the integrated system

Climate
1
2
3
4
5

CRU
[kWh y-1]
141813
136005
135848
139597
129117

HEA HP
[kWh y-1]
1682
2679
5854
6669
9442

DHW HP
[kWh y-1]
403
633
733
807
832

AC HP
[kWh y-1]
202
60
85
458
0

TOT
[kWh y-1]
144101
139378
142520
147531
139391

Savings
[%]
8.8%
8.9%
9.5%
9.7%
10.8%

5. CONCLUSIONS
Simulations have been performed with a validated model, to find a design rule for replicating integrated
refrigerating systems in supermarkets at various locations with different climate conditions. A recently
refurbished supermarket was chosen as reference. The thermal characteristics of the building
envelope at each location have been corrected to attain approximately the same energy
performance quality as the actual reference building. At such conditions, it was found that using an
integrated system for commercial refrigeration, hot water production, space heating and air conditioning
in replacement of separate systems with heat pumps can give an energy saving around 9 %, at every
climate condition considered. Such uniformity in energy saving figures is due to the high quality of the
envelope, which damps the influence of outdoor conditions, and to some oversizing of the CRU, which
limits the operation of the auxiliary heat pumps. At such conditions the plants design can be easily
extended to new facilities in the occasion of refurbishment, since the integration of the refrigeration and
HVAC systems shows to be effective in terms of overall energy efficiency. Significant reductions can be
obtained in the investment and running costs, space occupied by the plants and amount of refrigerant
charge. It has to be underlined that the reference building is quite small and with limited heating and
especially cooling loads. The next step in this work is to extend the investigation to other buildings with
different ratios between the refrigerating, heating and cooling loads, and to evaluate the feasibility of “allin-one” plants at such conditions.

ACKNOWLEDGEMENTS
The research leading to these results has received funding from the MIUR of Italy within the framework
of PRIN2015 project «Clean Heating and Cooling Technologies for an Energy Efficient Smart Grid».
EPTA Refrigeration is gratefully acknowledged for their continuous and precious assistance in gathering
data, and for the fruitful discussions.

NOMENCLATURE
AC
CDD
COP
CRU
DHW
EPH,nd
EPC,nd

HDD
HEA
HP

Air Conditioning
Cooling Degree Days
Coefficient Of Performance
Commercial Refrigeration Unit
Domestic Hot Water
annual heating energy need [kWh m -2 y-1]
annual cooling energy need [kWh m -2 y-1]
Heating Degree Days
Space Heating
Heat Pump

HR
HS
HVAC
GC
LS
LT
MT
pINT
RDC
t

Heat recovery
High Stage
Heating, Ventilation, Air Conditioning
Gas Cooler
Low Stage
Low Temperature
Medium Temperature
Intermediate pressure [bar]
Refrigerated Display Cabinets
Temperature [°C]
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ABSTRACT
Thermal storage can help to maintain constant temperature in a refrigerated cabinet during defrost cycles
or power outage. This contributes to reduced loss in product quality and hence less food being wasted.
Dynamic modelling was applied to study the benefits of integrating phase change material (PCM) thermal
storage in a refrigerated cabinet. The PCM was integrated in a CO2 evaporator, coupled in series with a
regular evaporator. This system was compared to a reference case with no PCM.
The results show that the maximum cabinet temperature during defrost is reduced by up to 10 K when a
PCM-enhanced evaporator is utilized. The goods temperature is constantly kept low, prolonging shelf life
and product quality. The demand for refrigerant is reduced and furthermore, compressor capacity and
evaporator size can be decreased due to reduced maximum cooling capacities, leading to overall lower
energy use. During power outages, PCM-equipped systems still provide cooling for several hours.
Keywords: Refrigeration, Carbon Dioxide, Thermal Storage, Phase Change Material, Evaporator
Defrosting, Supermarket, Cooling Cabinet.

1. INTRODUCTION

Thermal energy storage (TES) can be applied whenever a temporal mismatch occurs between
production and demand of thermal energy. In most cases, thermal energy is stored in the form of
sensible or latent heat (Fleischer, 2015). In a sensible heat storage, heat is stored by heating a medium
with high specific heat capacity, while in the case of latent heat storage, the latent heat of melting or
solidification is utilized to store and release heat.
An advantage of latent heat storage is its high energy density in comparison to sensible heat storage,
resulting in smaller storage volumes. For a given temperature range, the high latent heat of fusion
enables PCMs to store 5–14 times more heat per unit volume than common sensible storage materials
such as water or rock (Sharma et al. 2009).
Utilization of PCMs has been reported for various low-temperature latent heat storage applications, such
as for protection of food and beverages (Oró et al., 2012), air conditioning (Al-Abidi et al., 2012) or
industrial refrigeration (Li et al., 2013; Veerakumar and Sreekumar, 2016). Especially for lowtemperature application, water is the most used PCM when the desired process or product temperature
is close to 0 °C. Furthermore, water provides beneficial thermal properties as well as low cost, long
stability and lack of toxicity.
Refrigerating cabinets and freezers are among the most energy-demanding devices in supermarkets
due to their continuous operation (Elarem et al., 2017). Therefore, even small performance
enhancements provide great potential for energy saving. In general, the energy efficiency of a
refrigerator depends upon several factors, such as components efficiency, ambient temperature, door
openings or refrigerant type. Performance enhancement of refrigeration systems covers a vast research
area since each part of the system exhibits its own complexity. Significant increase in efficiency of
refrigeration systems can be achieved through the following measures: development of efficient
compressors, enhancement of thermal insulation and heat transfer enhancement in the heat
exchangers.
The cooling of refrigerated cabinets is switched off several times a day to avoid the building of ice on
the evaporators, which are needed to cool down the circulating air. These periods without cooling are
called defrost cycles. In order to minimize heat gain or cabinet temperature fluctuations caused by
defrost cycles and evaporator outage, the number of defrost cycles should be kept to a minimum. For
most applications, two to four defrost cycles per day should be adequate. In this study, it is assumed
that a defrosting cycle occurs every 5.5 h and lasts 30 min, until the evaporator is free of ice again.
PCMs can be utilized to mitigate the effect of defrost cycles and power outages on the goods
temperature and to generally dampen temperature fluctuations (Lu et al., 2010). Due to their high latent
heat, the integration 25th
of PCMs
in the evaporator
could reduce
the compressor
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amplitude of the temperature fluctuations of the food products over time.
The aim of this work is to investigate the integration of a PCM evaporator to improve the thermal
performance during defrost cycles, door openings and electrical power failure. Regular and extreme
scenarios were studied for various amounts of PCM and their corresponding overall energy use was
evaluated.
To integrate the PCM into the cabinet, a second evaporator that was enhanced with PCM was built in
series after the normal evaporator, along the air circulation path in the lower part of the refrigerated
display cabinet. In this PCM-enhanced evaporator, heat is exchanged between three media: the
refrigerant CO2, the recirculating cabinet air and the PCM. Water is chosen as the PCM, as the heat
absorption and release take places at a constant temperature of 0 °C, which is beneficial for providing
chilled air in a temperature range of 2-4 °C.
The PCM-unit would store cold energy during low demand periods and can provide free cooling when
the general cooling system goes through defrost cycles or power breakdowns. Free cooling can also be
provided during night time, when the doors of the display cabinet remain closed for several hours.
Previous results (Sevault 2018) showed that a variation of a few millimeters in the distance between the
air ducts and CO2 coils for a given PCM accumulator dimension yields considerably different charging
and discharging times. The calculated integrated heat flux from all air ducts provided a useful indication
to select the configuration giving the best match for a given application, e.g. covering defrost cycles or
night-time cooling. For this study, it was decided to use reasonable values to describe the heat transfer
properties of both evaporators, without altering them between different system setups.

2. MAIN SECTION
2.1.

Numerical Model

The modeling work was carried out with the dynamic simulation software Dymola (Dassault 2018),
using the object-oriented language Modelica (Modelica 2018) with already existing model libraries, TIL
and TIL Media (Gräber et al., 2009). TIL is a model library for thermal components and systems, while
TIL Media contains a model library including thermophysical properties for the utilized fluids. A detailed
model for both the PCM-evaporator and the refrigerated cabinet was provided by TLK-Thermo GmbH
(TLK-Thermo 2018). With this approach, all the created components represent real physical parts in the
system and can be re-used for different settings. Utilizing a dynamic simulation program implies that the
simulated variables are obtained as a function of time for each component. Fig. 1a shows a schematic
of a refrigerated cabinet with PCM thermal storage and Fig. 1b the corresponding simplified model
structure.

Figure 1: Schematic layout for (a) the refrigerated cabinet and (b) simplified system model
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019
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2.1.1. Cabinet model
The cabinet model has a compartment air volume of 8.5 m3 and contains 1000 kg of goods, which need
to be cooled to 2 °C. The fan controls the cabinet outlet temperature to 2 °C, resulting in a volume flow
of approximately 1 m3/s in steady-state operation and 1.5 m3/s as maximum volume flow. The cabinet
is equipped with doors, resulting in rather low infiltration volume flows, assumed to ca. 10 % of the
steady state value (i.e., a constant infiltration flow of 0.1 m3/s). The infiltration accounts for the effect of
warm ambient air mixing into the chilled air within the cabinet, due to general leakages or door openings
by customers. The evaporator was dimensioned to provide the required cooling load in the described
boundary conditions for the system without PCM. An identical evaporator was used in the systems with
PCM-evaporators, resulting in a slightly oversized evaporator for these cases.
The cabinet model considers a temperature gradient between the cabinet interior space and the ambient
room temperature of 25 °C, as well as the heat transfer from and through the glass doors. This results
in a heat flow to the cabinet air of approximately 2.6 kW during steady-state operation. The model
considers various temperature levels: the highest temperatures (25 °C) are represented by the room
temperature and the outside surface temperature of the cabinet. The lowest temperatures (ca. 2 °C) are
the goods temperature, and several intermediate temperature levels are represented by glass doors or
inner walls.
The chilled goods are exposed to heat transfer rates by conduction and radiation, due to the high
temperature gradient towards the room and due to illumination units, resulting in a required cooling
capacity of approximately 2.6 kW in steady-state operation.
2.1.2. The PCM evaporator
The PCM-enhanced evaporator model consists of tubes for the refrigerant and tubes for the air,
surrounded by the PCM and arranged in a cross-flow design. The model calculates the particular heat
transfer rates from the refrigerant through the tube wall to the PCM, as well as the heat transfer from
the PCM through the tube wall to the air.
To estimate the required amount of PCM, the required cooling capacity during a defrost cycle was
calculated. During the 30 min of defrosting, the infiltrated air needs to be cooled down from ambient
conditions (25 °C) to 2 °C at the cabinet inlet, which takes ca. 2.75 kW of cooling for a mass flow rate of
0.1 kg/s. Additionally, 2.6 kW of cooling load needs to be provided due to further heat sources in the
cabinet: Therefore, 5.4 kW of cooling capacity is needed. During a typical defrost cycle of 30 min, this
yields a total cooling energy of 2.7 kWh (9720 kJ).
With the specific latent heat of fusion for water (334 kJ/kg) and under the assumption of perfect heat
transfer conditions, approximately 30 kg of ice would be sufficient to cover the cooling load during a
typical defrost cycle of 30 min. However, since the PCM is integrated in an evaporator, the cooling effect
from the CO2 circulating at reduced rate will also contribute to the cooling, as well as the effect of the ice
melting on the original evaporator during defrost. Furthermore, the PCM is subcooled during steadystate operation, resulting in an additional cooling capacity due to sensible heat. It was hence decided to
investigate two systems: (1) with a small PCM mass (8 kg, 25 % of the calculated required mass) and
(2) with a large PCM mass (235 kg, 800 %).
2.1.3. Control strategy
The main goal of the cooling system is to keep the outlet air temperature at 2 °C and the goods
temperature between 1-4 °C. Therefore, the fan is controlled to keep the air temperature on the outlet
of the cabinet at 2 °C. The inlet air temperature should be below 2 °C, but above 0 °C to prevent freezing
of the goods. Directly at the inlet of the cabinet, the impact of warm air infiltration on the recirculated air
is considered. To obtain an air inlet temperature of 0-2 °C after the mixing with 25 °C, the air temperature
between the evaporator outlet and cabinet inlet must be below zero. Hence, the PCM will always be
subcooled and charged by the air during steady-state operation, and some of the cooling load from the
evaporator will be used to chill the PCM.
The valves controlling the flow of CO2 through the evaporators (with and without PCM) were both set to
maintain 5 K superheating. Since the PCM is already charged via the air, the CO2 mass flow through
the PCM-evaporator is only 20 % of the overall CO2 mass flow, while 80 % flows through the normal
evaporator (steady-state operation).
2.2.

Results and Discussion

Simulations were conducted for three different cases: A reference system without PCM is compared to
two systems with PCM-enhanced evaporators, with 8 kg and 235 kg mass of PCM, respectively. The
simulations were performed over 48 hours. The initial condition for the PCM is -2 °C and thus, completely
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discussed above.
2.2.1. Conventional scenarios
Figs. 2-4 show the results of a two-day analysis. The air temperature is successfully controlled to a
constant value of 2 °C after each defrosting cycle for each system (Fig. 2a). The goods temperature
generally increases (Fig. 3a), since it would normally converge towards 2.2 °C, because an inlet
temperature of 2 °C is not sufficient to keep the goods temperature at exactly 2 °C. A slight decrease in
inlet temperature would be needed for that but increases the risk of sub-zero temperature infiltration.
Fig. 3a shows that the goods temperature can be generally reduced by nearly 1 K by using a PCMsystem. However, it should be noted that the goods were considered as a lump in the available cabinet
model, resulting only in a bulk estimate of the goods temperature.
Fig. 2b illustrates a typical defrost cycle of 30 min, starting at 12 h and ending at 12.5 h. During the 30
min of defrosting, the cabinet air temperature cannot be kept at 2 °C and rises to 16.5 °C (no PCM), 9.3
°C (8 kg PCM) or 6.8 °C (235 kg PCM). Because of these high temperatures, the goods temperature
increases more during 30min of defrost than it is reduced during 5.5 h of normal steady-state operation
due to the comparatively small temperature difference towards the 2 °C inlet air temperature.

Figure 2: Simulation results for the conventional scenario: cabinet outlet temperature for air, (a) for 48
hours, (b) zoomed in for one exemplary defrost cycle

Figure 3: Simulation results for the conventional scenario: (a) goods temperature for 48 hours, (b)
cooling load of the air (zoomed in for one exemplary defrost cycle)

Fig. 3b illustrates the heat flow towards the air, which is negative since the air is cooled down. In steadystate operation, the total required cooling capacity for the air (sum of effect of PCM evaporator and
ordinary evaporator) is almost the same for all investigated systems (ca. 8 kW). A deviation occurs
because the systems with PCM utilize a slightly lower air volume flow (1.05 m3/s with "No PCM", and
ca. 0.7 m3/s for the PCM-systems). This is due to (1) an increased overall heat transfer area when
utilizing a second evaporator and (2) an increased subcooling of the air before the mixing with ambient
infiltration air occurs.
As soon as the defrost cycle begins, the cooling load drops for all systems to a slightly lower value
(implying an increase of the negatively defined heat transfer rate in Fig. 3b). In this short period in the
beginning of the defrosting, the ice in the main evaporator melts and provides extra latent heat, in
addition to the actual PCM-evaporator.
Afterwards, the cooling
drops to zero
for the
system without
PCM
(Fig.2019
3b). The cooling load in 3406
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PCM systems remains on a relatively high level of approximately 5 kW. As soon as the defrost cycle
ends, the cooling capacity for the "No PCM" system increases drastically to 18 kW due to the high
temperature difference, while the maximum capacity for the PCM systems is 10 kW. The utilization of
PCM in the second evaporator enables a more uniform supply of cooling to the system with decreased
peaks. This enables the potential for downsizing the ordinary evaporator or compressor.

Figure 4: Simulation results for the conventional scenario: (a) mass of melted PCM (zoomed in for one
exemplary defrost cycle), (b) integrated mass flow rate of CO2 for 48 hours

Fig. 4a compares the 8 kg- and the 235 kg PCM evaporator regarding the melted PCM mass. In the 8
kg PCM system, all PCM is melted at the end of the defrost cycle. The 235 kg PCM melts by just 3.3
kg, implying that the main cooling load results from the increased amount of sensible heat, which can
be recognized in the late start of melting. For the 235 kg PCM, melting starts 20 min after the beginning
of the defrost cycle (meaning, 2/3 of the defrost time has already passed), while the 8 kg PCM already
starts melting after 10 min.
For the sake of completion it should be noted, that the subcooling of the 235 kg PCM (-5.5 °C vs. -4.7
for the 8 kg PCM) is almost 1 K lower due to the larger mass of available frozen PCM. During the
defrost cycle, after the PCM has completely melted, a superheating of 5 K occurs for the 8 kg PCM
system.
Furthermore it should be noticed, that the difference in cooling load between the 8 kg- and 235 kg PCM
systems are rather small (see figure 3b, only 1 kW lower). This is due to the late utilization of the actual
melting of PCM, since additional cooling is already provided by three other sources: the ice melting
from the first evaporator, the sensible heat of subcooled PCM, and the basic cooling load of the second
evaporator due to the CO2 mass flow.
Finally, Fig. 4b shows the potential of reducing the compressor capacity (and thus the energy
consumption) when PCM-systems are utilized. The mass flow rates through both evaporators are
summed up and integrated over time. During steady-state operation, the CO2 mass flow for all three
systems is roughly the same, which can be identified by the same gradients for each graph, especially
in the first 6 h until the first defrost cycle starts. The largest difference between the three systems is the
boost in CO2 demand directly after each end of defrost, when the system without PCM requires a strong
increase in CO2 to cool down the air to 2 °C again. This particular increase directly after the defrost can
be reduced by over 50 % when the system is enhanced with a PCM evaporator. Therefore, the overall
demand for refrigerant is reduced for PCM-systems, since the same overall cooling load is achieved
with a decreased air volume flow, as discussed before. The lower overall demand for CO2 results in
lowered compressor power and therefore significantly lower energy use over time thanks to the
proposed implementation of PCM.
2.2.2. Extreme scenarios
As shown in the previous section, even more potential of the PCM-enhanced system could be retrieved,
since only partial melting of PCM occurred and since the goods temperature could be reduced by just
1 K (see Fig. 3a) in comparison to the "No PCM"-system. This section focuses on abnormal boundary
conditions such as increased infiltration flows or power outages, to further illustrate the advantages of
PCM-enhanced systems compared to ordinary systems.
When more customers are opening the cabinet doors on busy days or when employees are stocking
the shelves, an increased amount of warm ambient air is putting strain on the refrigeration as the
cooling capacity needs to be increased. In figure 5 and 6, the infiltration rate was doubled from 0.1 to
0.2 m3∙s-1.
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Figure 5: Simulation results for the scenario with increased infiltration: (a) goods temperature for 48
hours, (b) cabinet outlet temperature for air (zoomed in for one exemplary defrost cycle)

Figure 6: Simulation results for the scenario with increased infiltration: (a) mass of melted PCM
(zoomed in for one exemplary defrost cycle), (b) integrated mass flow rate of CO2 for 48 hours

The previously discussed differences between the systems are more evident. The amount of melted
PCM is 11 kg for the 235 kg PCM system, still indicating the significant effect of the sensible heat
coming from the subcooled ice, as illustrated in Fig. 6 (a). Fig. 5 (b) shows, the inlet temperature for
the air in the cabinet raises for all three systems, even in steady-state: since the same design
parameters for the evaporators and the fan are applied, the evaporator is now reaching its maximum
cooling rate. As seen in Fig. 5b, only the 235 kg PCM system is capable to keep the inlet temperature
to roughly 2 °C, while both the 8 kg system (3 °C) and the PCM-free system (5.5 °C) provide higher
inlet temperatures in steady state operation. Consequently, the temperatures during the defrost are
increased as well: 19.5 for the PCM-free system, and 12.7 and 9 °C for the 8 kg and 235 kg PCM
system. Therefore, the PCM systems are once again capable of reducing the peak air temperature by
over 10 K, even under abnormal boundary conditions. That way, the negative impact on the goods can
be clearly reduced, as the goods temperature increases to only 3-4 °C for the PCM-systems (Fig. 5
(a)). For the PCM-free system, the goods temperature reaches 6-7 °C which puts the shelf life of the
product at risk.
Finally, analogous to the previous case, Fig. 6b shows once again the potential of lowering the energy
use over time with implementing PCMs, as overall demand for CO2 is reduced.
Another threat for the shelf life is power outage, resulting in a cut off for the compressor and thus,
refrigerant flow. It should be noted that the fan is usually equipped with backup batteries to still
provide air flow in case of outages. In that case, the PCM needs to fully compensate the evaporator
failure and provide enough cooling to sustain shelf life as long as possible.
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Figure 7: Simulation results for the scenario with power outage at 10,000s: (a) goods temperature, (b)
temperature of PCM

In Fig. 7a, the power outage is initiated shortly before 3 h. The 8 kg PCM system features insufficient
cooling capacity as the latent heat is immediately consumed, resulting in a trend very similar to the
PCM-free system.
As illustrated in Fig. 7b, it takes 4 h until the 235 kg PCM is fully melted. Therefore, for over 4 h after
the power outage occurs, a cooling capacity through latent heat can be provided to keep the goods
temperature under 4 °C. This time frame might be sufficient to gain enough time until the power is
restored again. For the PCM-free system, the goods temperature would be over 7 °C about 4 h after
the outage (Fig. 7a), resulting in endangered shelf life for the products.

3. CONCLUSIONS
The implementation of PCM in refrigerated cabinets shows a significant potential for performance
improvement compared to conventional systems. PCM-enhanced evaporators have been studied to
counter the temperature increase in the cabinet during defrost cycles or power outages. It has been
shown that the increase of air temperature is reduced by up to 10 K when PCMs are used to provide
cooling in case of evaporator malfunctions. A more uniform supply of cooling to the system despite the
periodic defrost cycles enables the potential for downsizing the ordinary evaporator and the compressor,
as maximum cooling peaks are decreased. It has been shown that PCM-systems provide the same
cooling capacity with a reduced air volume flow and with a decreased utilization of CO2, leading to
potentially lower overall energy use.
Especially for abnormal operating conditions such as increased infiltration rates or power outages, the
full potential of PCM-enhanced evaporator-systems can be utilized, when PCM is contributing to keep
goods temperature low despite the increased demand for cooling. It has been clearly shown that PCMenhanced systems are capable of securing shelf life of supermarket goods in all investigated cases,
preventing loss in product quality and hence less food being wasted.
Future work includes the development of alternative control strategies for the two evaporators, as well as
experimental validation.
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ABSTRACT
In the last decade several plant configurations and components have been proposed to increase the
efficiency of CO2 refrigeration systems. Among these, subcooling is considered a simple but effective
solution, together with the employment of adiabatic cooling systems at the gas cooler.
In this work, a fully instrumented CO2 booster plant installed in a supermarket is considered, to compare
parallel compression, subcooling and adiabatic cooling. Subcooling is performed taking advantage of
chilled water available from the HVAC system. The experimental data are used to validate a model for
the comparison on a yearly basis.
Parallel compression and subcooling show to be almost equivalent in terms of yearly energy use,
while the adiabatic cooling system gives the best performance.
Comparisons reveal that the subcooler cooling capacity should be chosen carefully to avoid
oversizing, while the influence of the EER for the chiller appears quite small. Subcooling performed
at the expense of an HVAC plant shows to be an interesting solution, while a great benefit was
experienced with the employment of an adiabatic gas cooler.
Keywords: Carbon Dioxide, Commercial refrigeration, Energy saving, Modelling, Monitoring,
Subcooling, Supermarket

1. INTRODUCTION

In order to extend the convenience of use of CO2 in warm climates, several technologies and alternative
plant schemes have been studied and analyzed, showing that improvements of the performance of
trans-critical CO2 refrigeration plants can be achieved. Among the available solutions, the improvements
associated with subcooling are being recently investigated by many researchers (Llopis et al., 2018). If
we focus on booster systems in transcritical conditions, it permits to reduce the amount of flash gas at
the liquid receiver, and allows to decrease the optimal rejection pressure providing additional advantage
(Llopis et al, 2015). The subcooling function can also be performed by means of a secondary fluid for
other purposes, like air conditioning chillers, or taking advantage of water storage systems (Polzot et al.,
2015, Polzot et al., 2016). Several investigations are available in the literature about the performance of
CO2 systems with subcooling at laboratory conditions (e.g. Bush et al., 2017, Nebot-Andrés et al., 2018),
but very few information is available on the behavior of an actual plant. In this paper, a fully instrumented
CO2 booster plant installed in an actual supermarket is monitored (Cortella et al., 2018), to compare its
performance with parallel compression, subcooling and adiabatic cooling. Subcooling is performed
taking advantage of chilled water from the HVAC system. The experimental data are used to validate
a comprehensive model, which includes display cabinets and the building, for the comparison of the
various solutions on a yearly basis.

2. THE REFRIGERATION SYSTEM AND ITS MODEL

The Commercial Refrigerating Unit (CRU) analyzed in this work is a transcritical CO2 booster system
with parallel compression and subcooling provided by chilled water from a HVAC plant. Such plant is part
of a test system installed in a small supermarket (1200 m2 selling area) which has been refurbished in
the framework of the FP7 European Project CommONEnergy (Commonenergy 2017). The nominal
cooling capacity is 70.5 kW at -35 °C and 10.8 kW at -10 °C respectively for the MT and LT applications.
The intermediate pressure at the liquid receiver is 35 bar. Both compressor racks, LS and HS, are
composed of two compressors, distinguished as master and slave compressor. The master is controlled
by an inverter and the slave is an ON/OFF type.
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The gas cooler is equipped with an Adiabatic Cooling System (ACS) made of evaporative pads
positioned on the long sides of the gas cooler, so that only a fraction of the air flow rate undergoes
adiabatic saturation. Pads are fed with water when the outdoor temperature exceeds a set point
value. A mixing ratio ε of the overall process, that takes into account both the position and the
efficiency of the panels themselves, is defined based on the wet and dry bulb (Twb and Tdb) outdoor
air temperature, so that the temperature of air at the inlet of the heat exchanger is
Eq. (1)

𝑇𝑖𝑛,𝑎𝑖𝑟,𝐺𝐶 = 𝑇𝑤𝑏 𝜀 + 𝑇𝑑𝑏 (1 − 𝜀)

The mixing ratio is estimated at ε = 0.6, value that has been proven empirically to be adequate and
well chosen. In this way, the temperature at the outlet of the gas cooler is then evaluated as:
Eq. (2)

𝑇𝑜𝑢𝑡,𝐺𝐶 = 𝑇𝑖𝑛,𝑎𝑖𝑟,𝐺𝐶 + Δ𝑇𝑎𝑝𝑝,𝐺𝐶

The adiabatic saturation of air is described in the model using the CoolProp libraries (Bell et al.,
2014) for humid air. The control rule for setting the optimal HS pressure is based on the CO 2
temperature at the gas cooler outlet, based on a correlation optimized for this specific design without
(Eq. 3) and with (Eq. 4) parallel compressor with constant intermediate pressure (Polzot et al., 2016,
D’Agaro et al., 2019):
𝑝𝐺𝐶,𝑜𝑢𝑡 = max(75; 2.56 𝑇𝐺𝐶,𝑜𝑢𝑡 − 1.247)
Eq. (3)
Eq. (4)

𝑝𝐺𝐶,𝑜𝑢𝑡 = max(75; 1.75 𝑇𝐺𝐶,𝑜𝑢𝑡 + 22.13)

Due to this control rule, the adoption of the ACS allows a reduction of the pressure ratio at the HS
compressors, with benefits in terms of energy consumption.
As an alternative to ACS, a heat exchanger can be activated in order to perform subcooling at the exit of
the gas cooler/condenser. The beneficial effects of subcooling in a transcritical booster system are
well known (Llopis et al., 2018), and make the use of CO2 plants attractive also at warm climate
conditions. In this system, subcooling is made at the expense of chilled water from the HVAC system.
This solution has been chosen thanks to its low investment cost, given that the water chiller was already
available and adequately sized, and to the simplicity of regulation when compared to a traditional
dedicated mechanical subcooler. Chilled water is supplied at 7 to 9 °C to the heat exchanger which is
designed for a maximum heat exchange of 18 kW. The investigated plant enables several configurations,
and is also designed to allow waste heat recovery at two temperature levels for space heating and hot
water production, and cooling capacity for air conditioning. Such features are not considered in this paper,
but a detailed analysis is described in D’Agaro et al. (2018), D’Agaro et al. (2019).
Fig. 1 shows a schematic drawing of the refrigerating system, where also the additional heat exchangers
for heat and cooling recovery are depicted, as well as the main measurement points.
Mathematical models of the refrigeration system, display cabinets and cold rooms have been developed
in the TRNSYS environment, including mutual interactions with the building and its HVAC system, at
given climate conditions. A sub-hourly cooling load profile is thus predicted based on the realistic and
time-dependent working conditions in the supermarket, as well as on the interactions between the
cabinets and the indoor climate (Polzot et al., 2016). The thermodynamic and thermophysical properties
of the refrigerants are calculated by linking our in-house routines in the TRNSYS environment to the
CoolProp libraries (Bell et al., 2014). The compressors are described through correlations provided by
the manufacturer in accordance with the Standard EN12900:2013.
The values of the main design parameters are reported in Table 1.
Table 1. Main design parameters for the commercial refrigeration unit

Parameter
LT evaporating temperature
MT evaporating temperature
Minimum condensing temperature
Liquid receiver pressure
Degree of subcooling at subcritical conditions
Gas Cooler/Condenser ΔTapp
Subcooler heat exchanger ΔTapp
Superheat at LS/HS suction

Unit
°C
°C
°C
bar
K
K
K
K

Value
-35
-10
6
35
3
4
7
30/20
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Figure 1: Schematic drawing of the CO2 refrigeration system. The approximate position of the probes is
indicated by the red flags. T: temperature probe, P: pressure gauge, Meter: energy meter, mdot: mass
flow meter, Status: compressor status sensor

3. FIELD TESTS AND MODEL VALIDATION
With the aim of validating the model at warm climate conditions and checking the efficacy of
subcooling compared to the use of ACS, the system has been operated during summer 2018. The
outcomes of the data acquisition have been used for comparison with the model prediction, thus
allowing the identification of the pros and cons of each solution. Five weeks have been selected as
representative of three different operating conditions:
Adiabatic Cooling System
Subcooling
Both systems

(ACS)
week 1 (1-7 June, 2018) and 2 (15-21 June, 2018);
(SC)
week 3 (7- 13 Sept, 2018) and 4 (14-20 Sept, 2018);
(ACS + SC) week 5 (27 July to 2 August, 2018).

3.1. Adiabatic Cooling System (ACS)
The employment of the ACS system showed to be quite effective in reducing the gas cooler outlet
temperature, and consequently the gas cooler pressure. Fig. 2 shows an example of the difference
between the gas-cooler pressure predicted in dry gas-cooling conditions and the one measured with
ACS, for weeks 1 and 2.

Figure 2: HS pressure: comparison between dry and adiabatic cooling, and between experimental and
simulated results in weeks 1 and 2
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An average reduction of 4K in the gas cooler outlet temperature can be achieved by using ACS,
corresponding to a reduction of approximately 10 bar in the HS pressure. Also the computed values
of the HS pressure with ACS are plotted, to witness the good ability of the model to reproduce the
actual operation of the gas cooler and of the ACS for a rather wide range of outdoor conditions typical
of the summer season. Validation of the model for the “dry cooling” operation had already been done
successfully (D'Agaro et al, 2019). The outdoor temperature and relative humidity are inputs for this
model, and are taken from the monitored data.
3.2. Subcooling (SC)
Subcooling is based on the use of a heat exchanger at the exit of the gas-cooler/condenser and prior
to the high pressure valve. The mass flow rate of chilled water supplied by the HVAC system is
regulated depending on the outlet temperature at the gas cooler. Full opening is reached with 23 °C
gas cooler outlet temperature, corresponding at about 19 °C outdoor air temperature. Fig. 3 depicts
the temperature profiles of CO2 inlet and outlet and of water inlet together with the water mass flow
rate at the subcooler heat exchanger during week 3. Inoperative periods are characterized by null
water flow.
It can be observed that chilled water that enters the subcooler exchanger is on average around 8-9
°C when the system is activated. Moreover, an important parameter that can be inferred from such
data is the approach point of the subcooler which is around 7 K, parameter that allows modelling the
exchanger with a method based on this number and on the maximum heat flow available, which
depends on the size of the heat exchanger and is around 18 kW in this plant.

Figure 3: Temperature values at the subcooler and water flow rate in week 3

The subcooling degree ranges between 10 and 15 K, a value close to the optimum for single stage
CO2 systems at 25-30 °C outdoor temperature (Nebot-Andrés et al, 2017). When subcooling is
performed, the HS pressure should be optimized in order to achieve the best efficiency of the system.
Llopis et al (2015) showed that a significant reduction in the HS pressure would be suggested by
optimization, and this would allow an increase in the COP around 2 % at the operating conditions
here considered. However, given the complexity due to the interaction between the HVAC and the
refrigerating plants, in the system considered the HS pressure was not optimized during SC
operation.
The model seemed sufficiently reliable to reproduce the operation of the actual plant, even if a degree
of uncertainty in the estimation of the subcooler operation was encountered, due to frequent and
significant fluctuations in the inlet water temperature. A further analysis for a week with both the
systems active has been carried out. The validation process also applied for this week, confirming
the affordability of the model.
The model showed finally to be reliable enough in the prediction of the electric energy use, which is
underestimated around 2.6 % due to the above mentioned temperature fluctuations in the actual
plant.

4. YEARLY PERFORMANCE SIMULATIONS
The entire model that describes the CRU, the refrigerated cabinets and the heat recovery potential
of the system had been already validated under different operating conditions (D’Agaro et al, 2019).
With the analysis carried out in this work, further features have been added and validated with the
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result of obtaining a CRU model usable to simulate different system layouts among which the
subcooling (SC) and the Adiabatic Cooling System (ACS) and compare them in an annual timespan,
with realistic cooling capacity profiles and actual outdoor conditions.
The results of this simulation apply to a mild weather typical of Northern Italy where the supermarket
under exam is located. Simulations are carried out for a whole year with 15 minutes time step. The
indoor conditions of the supermarket come from a thorough transient simulation of the thermal
behavior of the building. Thus, the comprehensive model of the building developed in the framework
of CommONEnergy (Dipasquale et al, 2016) has been integrated in the TRNSYS environment with
the in-house routines of the display cabinets and CRU. The cases analyzed in this work are:
- REF:
(reference case), CO2 booster system;
with such features added to the reference case:
- PC:
Parallel Compression
- ACS:
Adiabatic Cooling System
- PC + ACS: Parallel Compression and Adiabatic Cooling System
- SC:
Subcooler
- SC + ACS: Subcooler and Adiabatic Cooling System
ACS is activated when the outdoor temperature is equal or greater to 19°C, which is the lower limit
of the transition zone between subcritical and trans-critical conditions (Polzot et al., 2016). Filippini
et al. (2018) defined an activation rule of the ACS at 17 °C, which resulted from an economic
optimization. In order to obtain a fair comparison, the same control rule is adopted for the SC, which
is activated when the outdoor temperature exceeds 19 °C. The minimum subcooler outlet
temperature for CO2 is set at 15°C and the maximum heat extraction rate is 18 KW as it is in the real
plant. The EER for the water chiller supplying subcooling is set in accordance with actual values of
units available in the market and literature. For 2 °C evaporating temperature, the EER is
𝐸𝐸𝑅𝑤𝑎𝑡𝑒𝑟 𝑐ℎ𝑖𝑙𝑙𝑒𝑟 = 5.629 − 0.0886 𝑇𝑜𝑢𝑡

Eq. (5)

Chilled water at the inlet of the sub cooler is set at 8°C.
For the above mentioned reasons, no gas cooler pressure optimization is considered during SC
operation. No heat recovery or AC supply to HVAC is considered.
As regards the cooling capacity, LT and MT loads are obtained from the simulation of the display
cabinets and cold rooms. The integration between the refrigeration system and the building allows
capturing the demand variation over the day and over the year because of the different set point
values for the indoor temperature in the opening hours.
The electrical energy utilization of the CRU and of the entire system for a whole year, in the analyzed
cases, is reported in Table 2.
Table 2. Annual electrical energy demand

CRU
REF
PC
ACS
PC + ACS
SC
SC + ACS

132.5
126.1
119.3
117.2
119.9
114.6

Annual Electrical Energy Demand [MWh]
Energy use
Subcooler
Total
vs REF [%]
132.5
0.0
126.1
-4.8
119.3
-10.0
117.2
-11.5
7.9
127.8
-3.5
4.2
118.8
-10.3

Energy use
vs PC [%]
0.0
-5.4
-7.1
1.4
-5.7

The results, in terms of energy, are also presented on a monthly basis in the histogram of Fig. 4.
Fig. 4 clearly shows that the performance enhancement methods yield benefits in the warm and hot
months, when the system suffers trans-critical operation.
The parallel compression scheme with ACS offers the highest energy savings in this example of real
CO2 trans-critical booster system. But it can be observed that the key role is played by the ACS
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rather than the parallel compressor. All cases where ACS is active yield total energy saving that are
equal or higher than 10%. This is also due to the reduction in the HS pressure consequent to the
lower temperature of CO2 at the gas cooler outlet.
Another important aspect that should be examined regarding ACS is the activation temperature. The
lower the activation temperature the higher are the energy savings on a yearly basis, due to a longer
activation time. However, the advantages of the system decrease with low outdoor temperature,
therefore this issue should be further investigated with an economical optimization approach.
Subcooling (SC) appears to be an energy saving solution and an effective alternative to parallel
compression although the energy savings compared to PC show to be around 1% lower. The
employment of chilled water from the HVAC plant implies a limit in the effectiveness of the subcooling
system, given that a secondary fluid (water) is used and consequently the evaporating temperature
is much lower with respect to a dedicated direct expansion subcooler. However, a significant saving
in investment and maintenance costs makes this solution appealing. Reduction of the HS pressure
through its optimization could lead to slightly higher benefit.

Figure 4. Monthly electrical energy demand.

The effect of the EER of the water chiller on the total energy consumption of the system has been
investigated. Values 10 % and 20 % higher than those given by Eq. (4) have been considered for
the cases SC and SC + ACS. The results are shown in Fig. 5, and demonstrate just a small reduction
in the total energy consumption, which doesn’t affect the considerations on the results.

Figure 5: Monthly electrical energy demand, with increased EER values of the water chiller.
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Finally, the effect of the maximum cooling capacity of the subcooler has been investigated,
considering a couple of values below and above the chosen one for the simulations. The results
(Table 3) show that the total value is almost constant, with a slightly lower value at 18 kW. Subcooling
solution allows energy savings pretty close to the ones gained with the adoption of parallel
compression.
Table 3. Influence of the SC cooling capacity

SC cooling
capacity
8 kW
12 kW
18 kW

CRU
REF
SC
SC
SC

132.5
124.0
121.5
119.9

Annual Electrical Energy Demand [MWh]
Energy use
Subcooler
Total
vs REF [%]
132.5
0.0
5.4
129.4
-2.3
6.9
128.4
-3.0
7.9
127.8
-3.5

Energy use
vs PC [%]
2.7
1.9
1.4

Fig. 6 represents both the experimental and simulated profiles of the CO 2 outlet temperature and of
the heat flow at the subcooler for weeks 3 and 4. It appears that the maximum cooling capacity of
the subcooler (18 kW in this case) is often exploited, without reaching the minimum CO 2 outlet
temperature (15 °C). Therefore, the choice of the best subcooler capacity is a matter of balance
between energy (and thus emissions) and cost benefits.

Figure 6: CO2 outlet temperature and heat flow at the subcooler, weeks 3 and 4

5. CONCLUSIONS
Solutions to improve the efficiency of a CO2 booster system for commercial refrigeration have been
investigated, among parallel compression, subcooling and adiabatic cooling at the gas cooler.
Subcooling was performed taking advantage of chilled water available at 7 °C from the HVAC
system. For the system considered, and at its climate conditions, parallel compression and
subcooling showed to be almost equivalent in terms of yearly energy use, while the adiabatic cooling
system gave the best performance. This last solution in combination with parallel compression or
subcooling can lead to about 10% energy saving compared to a basic booster cycle, while it allows
reducing energy use by 7% compared to parallel compression alone. Comparisons revealed that the
subcooler cooling capacity should be chosen carefully to avoid oversizing, while the influence of the
EER for the chiller appeared quite small. Subcooling performed at the expense of an HVAC plant
showed to be an interesting solution, great advantage was experienced with the employment of an
adiabatic gas cooler.
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NOMENCLATURE
AC
ACS
app
CRU
DHW
EER
GC
HPV
HS

Air Conditioning
Adiabatic Cooling System
Approach
Commercial Refrigeration Unit
Domestic Hot Water
Energy Efficiency Ratio
Gas Cooler
High Pressure Valve
High Stage

HVAC
LS
LT
MT
PC
T
RDC
T
SC

Heating, Ventilation, Air Conditioning
Low Stage
Low Temperature
Medium Temperature
Parallel Compression
Temperature (°C)
Refrigerated Display Cabinets
Subcooling
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ABSTRACT
In the present experimental study, the performance of a multi-ejector based trans-critical CO2
cooling system is tested at high ambient temperature up to 46°C for a supermarket application with
and without internal heat exchanger (IHX) and evaporative cooling. The experimental results
indicate that the evaporative cooler capacity reaches a maximum at 10 cm pad thickness.
However, a very marginal improvement is observed in terms of COP and PIR (Power Input Ratio)
for 15 cm pad thickness. Maximum improvement in COP with IHX and evaporative cooler are 11%
and 40% respectively. On the other hand, maximum reduction in the system PIR with IHX and
evaporative cooler are 8.5% and 26% respectively. However, marginal enhancement in COP and
PIR of 4% and 6% are observed respectively with 15 cm cooling pad thickness. From the study, it
is evident that the evaporative cooling for the gas cooler of the CO2 system seems a potential
solution to its application at high ambient temperature.
Keywords: Evaporative cooling, COP.

1. INTRODUCTION
CO2 was proposed as a feasible working fluid for various applications such as automobile air
conditioning, residential heating and water heating (Lorentzen, 1994). It is also popular among
residential heating applications in cold climates (Richter et al., 2003). However, the implementation
of the CO2 system is not comparable with that of similar systems using synthetic refrigerants in the
context of high ambient temperatures due to the unavoidable/inevitable disadvantage of large
throttling losses. Potential modifications of the basic vapor compression system to suit tropical
ambient temperatures (its operation in cold climates has been proven) to enhance the overall
efficiency of the CO2 system have been reported earlier in the literature. Various modifications
suggested to enhance the overall performance of the system for different operating conditions
include, two-phase multi-ejectors (Banasiak and Hafner, 2013), internal heat exchanger (IHX) (Se
et al., 2017), work recovery expander (Shariatzadeh et al., 2016; Singh and Dasgupta, 2016).
Among the various options available and tested, two-phase ejector is considered as a most
appropriate option than the latter due to lack of moving parts in the system (Taylor et al., 2007).
The pressure lift gained through the ejector results in the reduction of the total workload of the
system compressors (Minetto et al., 2013).
Evaporative cooling is one of the most popular technology used in HVAC&R in the last five
decades. It is also successfully adopted in numerous applications to improve the heat transfer
process. Ball and Visser (2015) used normative evaporative cooling condenser to improve the heat
rejection from the gas cooler of a CO2 refrigeration system. The single and double pass condenser
were evaluated. The overall performance of the CO2 cooling system improves with condensers /
gas coolers operating near sub-critical conditions. However, the study was not extended to high
ambient temperatures beyond 38°C. The objective of the present experimental study is to evaluate
the performance of a multi-ejector based CO2 cooling system with IHX for varying pad thickness for
evaporative cooling of gas cooler at high ambient temperatures up to 46°C for supermarket
applications.
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2. CO2 SUPERMARKET TEST-FACILITY LOCATION AND PRESENT AMBIENT
CONDITIONS
Fig. 1 shows the location of CO2 supermarket test-facility/system and ambient conditions during the
test. It is installed in southern Asia where the average ambient temperature conditions are high as
shown. The location was selected to evaluate the performance of the system for the extreme
ambient temperature conditions.
Ambient temperature (oC)
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Figure 1: The location of CO2 supermarket test facility and ambient conditions during the test

3. CO2 TEST-FACILITY WITH EVAPORATIVE COOLER: A SYSTEM DESCRIPTION
A fully instrumented multi-ejector based CO2 cooling system test facility for supermarkets is
developed and installed at Indian Institute of Technology Madras, India, as shown in Figure 2. It
has a total cooling capacity of 33 kW and is designed for supermarket applications, to maintain
three different evaporation temperature levels: +6°C (20 kW) for comfort air conditioning (AC), -6°C
(10 kW), and -28°C (3 kW) for freezing / food preserving (LT) and for low temperature refrigeration
(MT). The test facility is also equipped with a heat recovery system at high temperature with a
glycol solution loop to be able to simulate the heat conditions to the evaporators.
MT Evaporator
Gas cooler

LT Evaporator

Inverters

Operating

HERE

Panel

Inter-cooler
LERE

LE
Glycol Tank

LT Comp.

MT Comp.
AUX Comp.
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Figure 2: Ejector based CO2 cooling system test-facility for supermarkets
The two glycol circuits are arranged with different glycol concentrations. LT loop is charged with
55% glycol concentration and the rest of the system which is connected with the glycol tank is
charged with 45% glycol concentration in the water. The evaporation temperatures are controlled
by suction of the compressors. LT and MT compressors work in tandem with an additional auxiliary
(AUX) compressor to handle high amounts of flash gas from the receiver. This operates in parallel
to the MT compressor, hence the name “parallel compression”. One liquid suction accumulator is
also installed to enable the secure separation of liquid and vapor upstream of the compressors to
allow a liquid overfeed operation of the evaporators throughout the year. Two ejectors are installed:
one with low ejection ratio and a second unit with a high ejection ratio. Multi-ejector with six
cartilages with different capacities is used in the test-facility.
Water distributor

Cooling pad

Water tank

Water pump

Table 1. Cooling pad details
Details
Units
Value
2
1.157
Face area
m
5,10,15
Cooling pad thickness
cm
Honeycomb
Cooling pad design
---1
1300
Water pump capacity
Liters hr
3
Water distribution circuits
---

Figure 3: Evaporative cooler with honeycomb cooling pad and water distribution circuit
The operation of switching on/off is taken care by the high pressure (HP) expansion valve opening.
The capacity regulation is carried out by on/off switching of the multi-parallel slot ejector cartages.
The six cartages with different loads are designed to operate with an individual solenoid valve to
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handle different loads. Pressure lifters are also provided in the suction flow entrance to the ejector
cartages. The system controllers facilitate both manual and automatic optimization of the gas
cooler pressure level with respect to the gas cooler outlet temperature. The facility also has a
manual fan controller to vary the airflow rate through the gas cooler to adjust the exit refrigerant
temperature. An evaporative cooler with provision to insert up to three honeycomb pads of 5 cm
each is positioned in front of the gas cooler. The same fan is made to draw air through this
evaporative cooler and the gas cooler as shown in Fig. 2. The evaporative cooling system with
three pipes one each to a pad with top holes for even water distribution is shown in Figure 3 and
the details are tabulated in Table 1.

4. SUPERMARKET OPERATION
The high pressure CO2 gas from the gas cooler discharge (state 2) is the motive fluid to the HERE
(Fig. 2) and vapour exiting the AC evaporator (state 8) is drawn as the suction fluid to the HERE.
HERE lifts CO2 gas from the low pressure stream (state 8) to higher pressure at the ejector exit
(state 6) utilizing high pressure stream (state 2). The receiver separates the two vapour-liquid
mixture (state 6). The vapour (state 21) is further compressed in the AUX compressor (state 22)
and liquid (state 19) is fed to AC (state 7), MT (state 10) and LT (state 12) evaporators after
throttling to the corresponding pressures. The vapor at LT evaporator exit (state 13) is compressed
separately up to the suction pressure of the MT compressor (state 14). The LT part of the cycle is
not connected with the ejector cycles, which means that the compression takes place from LT
evaporator pressure level with no additional boosted pressure lift unlike the other evaporators.
Pure vapor (state 11) from the MT evaporator is then mixed with the discharge high pressure
vapour of the LT compressor (state 14) and the mixed fluid (state 16) is further compressed by the
MT compressor up to the gas cooler pressure (state 17).
4.1.

Experimental procedure

The CO2 circuit side parameters such as temperature of evaporators (AC, LT and MT) receiver
pressure (RP), gas cooler outlet temperature, etc. are determined in the test-facility service tool.
The gas cooler pressure is automatically optimized according to the gas cooler outlet temperature
with the controlling sensor. After directing the system with CO2 side parameters, the system is
turned ON from the main controller (manually). After 15 minutes, the loads of the three evaporators
are maintained constant by the secondary water/glycol loop. The loads on the evaporators are
controlled by the changing mass flow rate of the glycol solution in the secondary loop. The CO2
system requires approximately two hours to reach steady state. System performance is evaluated
for all steady state conditions using the hourly data and averaged for a single operational
temperature. Properties of CO2 and glycol solution are obtained from REFPROP software and the
various operating parameters used for the performance evaluation are tabulated in Table 2.
Evaporative cooling system introduced in the CO2 system is tested for the above 40°C system
operating temperature. During the procedure, CO2 system is set to operate at constant gas cooler
outlet temperature by adjusting the gas cooler fan speed manually and keeping it constant. After
recording the performance of the system for the set operating temperature, the cooling pad
thickness is increased to 5, 10 and 15 cm, one by one allowing the gas cooler outlet temperature to
drop at the fixed gas cooler fan speed. The fan speed needs to be reduced manually to achieve
the higher gas cooler outlet temperature.
Table 2: CO2 system operating parameters.

Operating Parameter
Operating temperature
Gas cooler pressure
Receiver pressure
AC Evaporator temperature
LT Evaporator temperature
MT Evaporator temperature

Units
°C
Bar
bar
°C
°C
°C

Value/Range
36 to 46
80 to 120
45
+6
-28
-6
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4.2.

Performance evaluation

Performance of the ejector based CO2 cooling system for supermarket applications at high ambient
temperature is computed using the following equations.
Efficiency of the evaporative cooler (𝜂!" ) is computed by:
𝜂!" =

!!"#$%_!" !!!"#$%#_!"
!!"#$%_!" !!!"

Eq. (1)

COP of the CO2 cooling system is computed by,
!

𝐶𝑂𝑃 = ! !"

!!!" !!!"

!"# !!!"!!!"

Eq. (2)

Where, load on the three evaporators AC, LT and MT of the system is computed from the glycol
side by:
Q !" = m!" ∗ c! ∗ (T!"_!"#$%# − T!"_!"#$% )

Eq. (3)

𝑄!" = 𝑚!" ∗ 𝑐! ∗ (𝑇!"_!"#$%# − 𝑇!"_!"#$% )

Eq. (4)

𝑄!" = 𝑚!" ∗ 𝑐! ∗ (𝑇!"_!"#$%# − 𝑇!"_!"#$% )

Eq. (5)

The utility temperatures (TUT) of the three evaporators AC, LT and MT are 22°C, -18°C and 4°C,
respectively.
•

Power Input Ratio (PIR) of the CO2 cooling system is computed by,
𝑃𝐼𝑅 =

!!"# !!!" !!!"
!!"#,!"#$%& !!!",!"#$%& !!!",!"#$%&

Eq. (6)

where Carnot power consumption of the three compressors AUX, LT and MT is computed by,
𝑃!"#,!"#$%& =   
𝑃!",!"#$%&        =   
𝑃!",!"#$%&    =   

!!"
!!"_!"
!!"
!!"_!"
!!"
!!"_!"

∗ (𝑇!"# − 𝑇!"_!" )

Eq. (7)

∗ (𝑇!"# − 𝑇!"_!" )

Eq. (8)

∗ (𝑇!"# − 𝑇!"_!" )

Eq. (9)

5. RESULTS AND DISCUSSION

Figure 4: Conditions of air at the inlet and outlet of evaporative cooler on the psychometric chart for
5, 10 and 15 cm thick cooling pad
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Fig. 4 shows the conditions of air at the inlet and outlet of evaporative cooler on the psychometric
chart for 5, 10 and 15 cm thick cooling pad. The inlet air condition is more or less the same for all
the three pad thicknesses as required to compare their performance. It is observed that as the
cooling pad thickness increases, relative humidity (RH) increases and dry bulb temperature (DBT)
decreases due to increase in the contact surface area between water and cooling pad. However,
the law of diminishing returns applies here and the benefit approaches zero when thickness is
increased beyond 10 cm.
Fig. 5 shows the evaporative cooler efficiency and evaporative cooler capacity with different
cooling pad thickness at various system operating temperatures. It is observed that the efficiency
of the evaporative cooler increases with pad thickness at the set gas cooler exit temperature. This
is ascribed to the increasing contact surface area between water and air. However, the increment
in the evaporative cooler efficiency is only marginal beyond 10 cm cooling pad thickness and the
maximum evaporative cooler efficiency observed as 95%. The fan speed had to be set at lower
level to achieve higher gas cooler outlet temperature. The resulting lower air velocity increases the
residence time and thereby the efficiency increase as the gas cooler exit temperature is set to
higher temperatures. Also, pad thickness of 10 cm is observed to be optimum yielding maximum
cooler capacity. The pad thickness has two opposing influences; to decrease the face velocity of
air due to increase in pressure drop and thereby to increase the cooler efficiency. Hence the same
optimum thickness irrespective of the gas cooler exit temperature (set for without evaporative
cooling). Within the range of study, the air velocity is the dominant factor governing cooler capacity.
Therefore, as the figure indicates, cooler capacity decreases with increase in the set gas cooler
temperature where the fan had to be set at lower speeds. Drop in the evaporator cooler capacity is
ascribed to the reducing air velocity with respect to the increasing cooling pad thickness beyond 10
cm, which is overall affecting the cooler efficiency. However, as the system operating temperature
increases, the evaporator cooler capacity observed decreasing. The maximum capacity observed
is 13 kW at 10 cm cooling pad thickness.
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Figure 5: Evaporative cooler efficiency and evaporative cooler capacity with different cooling pad
thickness at various system operating temperatures.

Fig. 6 shows the gas cooler outlet temperature and gas cooler capacity with cooling pad thickness
at various system operating temperatures. It is observed that as the cooling pad thickness
increases, the temperature drop in the gas cooler increases, ascribed to the reduced DBT of air at
the inlet of the gas cooler due to the evaporative cooler. As the cooling pad thickness increases,
the contact surface area between water and air also increase. Therefore, a progressive reduction
in the temperature is observed with respect to increasing cooling pad thickness. However, the gas
cooler temperature drop at outlet is marginal beyond 10 cm cooling pad thickness. As the gas
cooler outlet temperature decrease, the gas cooler capacity also decreases. Hence, a reduction in
cooler capacity is observed as the cooling pad thickness increase. Furthermore, as the system
operating temperature increases, the gas cooler capacity also increases. Maximum drop in
temperature at gas cooler outlet is ~7K. Also, the maximum gas cooler capacity observed is 34 kW
with 5 cm cooling pad thickness at 46°C system operating temperature.
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Figure 6: Gas cooler outlet temperature and gas cooler capacity with cooling pad thickness at
various system operating temperatures.
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Figure 7: COP and PIR with operating temperatures for CO2 cooling system with/ without IHX.

Fig. 7 shows the COP and PIR with system operating temperatures for CO2 cooling system with/
without IHX. It is observed that as the system operating temperature increase, COP of the system
decreases and PIR increases. This is due to the increasing system operating gas cooler
temperature and pressure at higher operating temperature, which requires more work input to the
system. Also, it is observed that, with the use of IHX in the CO2 system configuration, COP of the
CO2 cooling system improves and PIR reduces. Moreover, with the use of evaporative cooling pad
in the system above 40°C, further improvement in the overall performance of the CO2 cooling
system is observed due to reduction in DBT of the air at the gas cooler inlet after crossing the
evaporative cooler. From the experimental results, it is also evident that with the increasing cooling
pad thickness, the system performance improves further, however, marginal improvement in the
overall system performance with the cooling pad thickness beyond 10 cm is observed.
Fig. 8 shows the improvement in COP and reduction in PIR with system operating temperatures.
From the experimental results, it is evident that a noteworthy improvement in the overall
performance of the CO2 cooling system is observed with IHX and evaporative cooling in the
system configuration. It is observed that, with the support of IHX, maximum COP improvement and
PIR reduction are 11% and 8.5% respectively. Moreover, high improvement is observed with the
evaporative cooling in CO2 gas cooler with varying cooling pad thickness. A noteworthy 40%
improvement in COP and 26% reduction in system PIR is observed with 15 cm cooling pad
thickness. However, a marginal increment in COP and reduction in PIR are 4% and 6% are
observed above 10 cm cooling pad thickness.
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6. CONCLUSIONS
In this experimental study, performance evaluation of a multi-ejector based CO2 cooling system
with/without IHX and evaporative cooling is carried out at high ambient temperature conditions up
to 46°C for a supermarket application with different cooling pad thickness. The evaporative cooler
is designed, fabricated and tested in the CO2 cooling system for supermarket application above
40°C with the influence of cooling pad thickness 5, 10 and 15 cm to reduce the gas cooler working
pressure in order to improve the overall performance. Evaporative cooling in the CO2 system
configuration appeared as an efficient method to improve the overall performance of the system at
high ambient temperature conditions. Experimental results project the maximum evaporative cooler
capacity at 10 cm pad thickness, however, very marginal improvement is observed in terms of
COP and PIR for 15 cm pad thickness. The maximum improvement in COP with the support of IHX
and evaporative cooler are 11% and 40% respectively. On the other hand, the maximum reduction
in the system PIR with the support of IHX and evaporative cooler are 8.5% and 26% respectively.
Marginal enhancement in COP and PIR observed are 4% and 6% respectively above 10 cm
cooling pad thickness. From the present experimental study, it is therefore concluded that,
adoption of evaporative cooling in the CO2 system configuration is a suitable option for
supermarket applications for high ambient temperature conditions.
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ABSTRACT
The sedimentation and flow characteristics of micro-encapsulated phase change materials have
been investigated. As a phase change material, trimethylolethane clathrate hydrate having 218
kJ･kg-1 of latent heat was used and encapsulated in silica hard-shell microcapsules with 17 m of
the diameter. A cationic surfactant, oleylbishydroxyethylmethylammonium chloride with a counterion, sodium salicylate was used as drag reducing additives and poly vinyl alcohol was used as a
stabilizer. From the results, it was found that the combination additive prevents effectively the
microcapsule sedimentation. The drag reduction was also observed to occur in the high Reynolds
number region. Thus, the present additive was concluded to be promising for the latent heat
transportation by use of silica hard-shell microcapsules containing phase change materials.
Keywords: Phase Change Material, Latent Heat Transportation, Microcapsule, Drag Reduction

1. INTRODUCTION
The thermal-energy consumption in residential and commercial areas in Japan is 1.9 x 10 18 J per
year (1.9 EJ･y-1). This amount can be more than 50% of the total energy consumption in these
areas. On the other hand, unused thermal energy exhausted from industries, power plants, etc
comes up to 2.5 EJ･y-1 (Kasagi et al., 2013). If those unused thermal energies could be used for
residential and commercial areas, thermal-energy consumption could be drastically reduced.
However, there is a spatial thermal gap between demand and supply. To utilize the thermal energy
from industries for residential energy consumption, a heat transportation technology is required.
A latent heat transportation system containing fine phase change particles in water has higher
density of heat than a water sensitive heat transportation system as phase change materials have
high latent heat (Kato et al., 2016). Thus, the flow rate of transportation can be reduced, and then
the pumping power can be effectively saved. Additionally, the heat media have temperature
sustainability. Thus, the heat transfer characteristics can be expected to be high.
Many researchers developed latent heat transportation systems, such as systems using ice
(Fukusako et al., 2000, Inaba et al., 2005, Egolf and Kauffeld, 2005, Suzuki et al., 2010b), clathlate
hydrate (Darbouret et al., 2005, Indartono et al., 2006, Suzuki et al., 2006, Linet et al., 2008,
Komoda et al., 2010, Suzuki et al., 2010, Kumano et al., 2012, Ma and Zhang, 2013), emulsion
(Delgado et al., 2000, Fumoto et al. 2013, Morita et al., 2013) and inorgnic hydrate (Suzuki et al.,
2010, 2012, 2013, Toyoda et al., 2014a). However, the particle growth and agglomeration of
phase change materials dispersed in heat media causes pipe blockage. Thus, these systems are
not widely used for thermal energy transportation.
To solve this problem, Toyoda et al. (2014b) fabricated a technique for microencapsulation of the
phase change materials with a hard shell. Tamaru et al. (2017) have succeeded in the
encapsulation of non-flammable inorganic phase change materials using disodium hydrogen
phosphate 12 hydrates with a silica hard shell. They also reported that the microencapsulation of
phase change materials depresses the super-cooling of the materials.
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However, the density of microcapsules is higher than water, because of high density of silica;
2,100 kg･m -3. This might cause significant sedimentation in a tank and in a pipe for the latent-heat
transportation system. In this study, the sedimentation characteristics of the hard-shell
microcapsules containing the trimethylolethane clathrate hydrate as phase change material were
investigated. Hidema et al. (2014) suggested to use a combination system of drag-reducing
surfactants and of poly (vinyl alcohol) (PVA) for preventing the particle sedimentation and for
improving the fluidity of the ammonium alum hydrates. It is expected that this combination system
can prevent the sedimentation of the microcapsules. In this study, sedimentation and flow
characteristics of microcapsules containing phase change materials with combination additives will
be experimentally investigated.

2. EXPERIMENTAL METHODS
2.1.

Materials

As phase change materials, a clathrate hydrate, trimethylolethane･trihydrate (TME･3H2O) was
used. It has 218 kJ･kg-1 of latent heat. The phase change temperature is changed with the
concentration and the phase separation on this material occurs at higher concentration than 60
wt% (Yamazaki et al., 2002). Then, in this study, the concentration was set at 25 wt% in water as
that in the previous study (Toyoda et al. 2014b). At this concentration, the phase change
temperature and latent heat were 15oC and 87.5 kJ･kg-1. The hard-shell microcapsules containing
this phase change material were prepared following the methods reported in the previous studies
(Toyoda et al., 2014b, Tamaru et al., 2017). Figure 1 shows the SEM photos of microcapsules
containing the TME 25% solutions. The mean diameter was 17m and the void fraction of the
microcapsules was set at 74 % with the method reported by Watanabe et al. (2018). The densities
of TME 25% solution and of the outer shell of SiO2 were 1,044 kg ･ m -3 and 2,100 kg ･ m -3,
respectively. Thus, the mean density of the microcapsules with this micro-encapsulated material
are 1,319 kg･m -3.

Figure 1: Microcapsules containing phase change materials

As drag-reducing surfactants, a cationic surfactant of oleylbishydroxyethylmethylammonium
chloride was used with a counter-ion supplier of sodium salicylate at the molar ratio of 1.5 to
surfactants (Suzuki et al., 2004, 2012). The surfactant concentration was fixed at 6,000 ppm in this
study. As a stabilizer, polyvinyl alcohol (PVA) of full saponification and of 500 polymerization was
used. Hidema et al. (2018) reported this stabilizer and the surfactant combination forms very large
network structure in water. The concentration of PVA was also fixed at 2,000 ppm. The solution
was allowed to equilibrate for at least one day prior to any experiments. The surfactants react with
unreacted sodium silicate as reported in the previous study (Suzuki et al., 2018). This reaction
reduces the concentration of surfactants. In order to prevent this reaction, the microcapsules were
washed by the surfactants prior to the present experiments.
2.2.

Rheological and Flow Characteristic Measurements

The apparent viscosities of the mixture solutions and of the slurries with microcapsules were
measured by a stress-control rheometer. The parallel plates with 50 mm diameter were used in the
rheometer.
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The friction coefficients of the solutions and of the slurries with a once-through flow system, as
shown in Fig. 2, were measured as used in the previous study (Suzuki et al. 2006). The samples
were pressurized in the reservoir tank. When the valve mounted in the downstream of the test
section was opened, the flow entered the test section. The pressure in the tank decreased
gradually, and then the flow velocity gradually decreases. Thus, the flow decelerated in a pseudosteady state. From this, the friction coefficients were obtained in a wide range of velocities when
the flow passed once through a pipe.

Figure 2: Once-through system for measuring the friction coefficients

In these experiments on the rheological characteristics and the flow characteristics, the
concentration of microcapsules was set at 10 wt%. The temperature was kept constant at 10oC
2.3.

Sedimentation Characteristics Measurements

The schematic view of sedimentation measurements is shown in Fig. 3. The sedimentation
experiments were performed in test tubes with a diameter of 16 mm. Each slurry of 25 mL was
poured into a tube in a constant-temperature bath where the temperature was set at 10oC. The
concentration of the microcapsules with phase change materials was also set at 10 wt% in this
experiment. The apparent volume fraction was defined as the sedimentation length, Ls[m], divided
by the slurry length, L[m], as shown in Fig. 3. The sedimentation characteristic in each dispersion
solution was observed for 72 h. In the sedimentation experiments, each dispersion solution was
named as tabulated in Table 1.

Figure 3: Sedimentation experiments
Table 1: Samples for sedimentation experiments

Sample
Surfactant Conc.

A
0 ppm

B
6,000 ppm

PVA Conc.

0 ppm

0 ppm

C
0 ppm

D
6,000 ppm

2,000 ppm 2,000 ppm

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3430

3. RESULTS AND DISCUSSIONS
3.1.

Viscosity Characteristics

Figures 4(a) and (b) show the apparent viscosities in the cases without and with microcapsules,
respectively. In the cases of water with microcapsules, the viscosity is low and constant as taking
almost the same values in the case without microcapsules. The volume fraction of the
microcapsule slurry is only 7.9 vol% in the present cases. Then, the addition of microcapsules
does not affect the viscosity. In the case only with PVA addition, the viscosity takes almost the
same values as those of water. Thus, it is found that the effect of PVA addition is very small at the
concentration of 2,000 ppm. On the other hand, the surfactant addition significantly increases the
viscosities in both cases with and without microcapsules. The present surfactant system shows
high viscoelasticity. Then, the apparent viscosity of the system takes high values in the low range
of shear rate and shows shear-thinning tendency as reported by Usui et al. (1998) and Suzuki et
al. (2004). It is also found in the figures that the effects of PVA addition on the viscosities are very
small. This indicates that PVA addition does not disturb the viscoelastic structure of the
surfactants.

(a) without microcapsules
(b) with microcapsules
Figure 4: Apparent viscosities of solutions and of microcapsule slurries

3.2.

Sedimentation Characteristics

Figure 5 shows the photos of sedimentation experiments at 0, 1 and 72 hours from the beginning
of the experiments. A to D in the figure correspond the conditions tabulated in Table 1.

Figure 5: Photos of sedimentation experiments
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From this figure, it is found that the sedimentation of microcapsules occurs immediately in the
cases without additives and only with PVA. On the other hand, the dispersion states in the cases
of surfactant addition with PVA and without PVA are well kept until 72 hours.

Figure 6: Apparent volume fraction

Figure 6 shows the apparent volume fraction defined above. From this, it is found that
microcapsules completely sediment until 1 hour in the cases of water and PVA solution. In the
cases with surfactant, the apparent volume fractions show high values until 72 hours. In the case
of combination system of surfactant and PVA, the apparent volume is 96.6%.
The sedimentation velocity, V [m] can be estimated by the following Stokes' equation.

V=

(

d 2 rp - r
18h

)

Eq. (1)

Here, d [m], p [kg ･m 3],  [kg ･m 3] and  [Pa ･ s] are microcapsule diameter, densities of the
microcapsule and fluid viscosity. From this, the sedimentation velocity in the case of water is
estimated as 3.88x10-6 m ･ s-1. However, it means it should take 2.5 h for the complete
sedimentation, though it occurred within 1 h. Then, it is considered that the agglomeration of
microcapsules occurs in water and also in PVA solution and then the sedimentation is accelerated.
In the case with surfactants, the sedimentation velocity can be estimated to be 1.61x10-8 m･s-1
when the viscosity at the shear rate of 1 s -1 was used. From the figure, it is found that the mean
sedimentation velocity is measured as 1.64x10-8 m･s-1. This well agrees with the estimation by
Stokes' equation. This indicates that the sedimentation delay occurs due to the high viscosity in
the case with surfactants. On the other hand, the mean sedimentation velocity in the case of
combination additives is experimentally obtained to be 6.50 x10-9 m･s-1, which is lower than the
Stokes' estimation of 1.44 x10-8 m･s-1. Hidema et al. (2018) in the previous study revealed the
present surfactant stretches PVA and forms a very large structure and they form a network in the
solution. Thus, this sedimentation delay is considered to occur due to such a network structure
formation.
3.3.

Flow Characteristics

Figures 7(a) and (b) show the friction coefficients in the cases without and with microcapsules,
respectively. In the figures, the theoretical values on laminar flows and the turbulent ones of
Balsius' equation are plotted in solid lines. The friction coefficient, f [-] and solvent Reynolds
number defined with water viscosity, Re [-] are as follows
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f =

tw

1
rU m
2

Re =

rU m D
m

Eq. (2)

Eq. (3)

Here, w[Pa], Um[m･s-1], D[m] and [Pa･s] are the wall shear stress, the mean velocity, the pipe
diameter and the water viscosity, respectively.
The friction coefficients in the case of water well agrees with the theoretical values of laminar flow
and also with the Blasius' equation in the higher region than Re = 3,000 on both cases without and
with microcapsules. Thus, the existence of microcapsules does not significantly affect the flow
characteristics when the concentration of microcapsules is set at 10 wt%. On the other hand, the
friction coefficients in the cases with surfactants and with combination additives take high values in
the region less than Re = 15,000. This causes due to the high viscosity. However, in high
Reynolds number region more than 15,000, the friction coefficients take lower values than those of
Blasius' equation for both cases without and with microcapsules. Thus, drag reduction occurs in
the turbulent region for both cases without and with microcapsules. From the figure, it is also
found that the PVA addition does not significantly affect the flow characteristics.
Thus, it is concluded that the present combination additives of surfactant and PVA effectively
cause not only the sedimentation depression but also the drag reduction of microcapsules
containing phase change materials.

(a) without microcapsules
(b) with microcapsules
Figure 7: Friction coefficients

4. CONCLUSINOS
In this study, the sedimentation and flow characteristics of the slurries of microcapsules containing
25 wt% solution of trimethylolethane as phase change materials. In order to improve those
characteristics, surfactants as drag reducers and PVA as stabilizers were added into the slurries
with the microcapsules at 10 wt% at the concentrations of 6,000ppm and of 2,000ppm. From the
results, it was found that the sedimentation depression occurs by surfactant additive and by the
combination additive of surfactants and of PVA. In the case only with surfactant, the sedimentation
depression occurred due to the high viscosity. On the other hand, the combination additive formed
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a network structure, which caused the more effective sedimentation depression. The surfactants
caused the effective drag reduction in the range larger than 15,000 of water Reynolds number and
PVA addition did not disturb the drag reduction effects. Thus, the present combination additives
are concluded to be promising for improving the sedimentation and the fluidity of the slurries of
microcapsules.
On the other hand, the friction coefficient took high values in low Reynolds number region. This
occurred due to high viscosity. In the present study, the concentrations of additives were fixed. In
order to improve this, the optimum concentration of additives should be investigated. The
concentration of microcapsules was also fixed in this study. In order to transport more thermal
energy, the concentration of microcapsules should be increased. Near future, they will be
discussed.
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NOMENCLATURE
D
f
Ls
Um



w

test pipe diameter (m)
friction coefficient (-)
sedimentation length (m)
mean velocity in the test pipe (m･s-1)
fluid viscosity (Pa･s)
fluid density (kg･m 3)
wall shear stress (Pa)

d
L
Re
V


p

microcapsule diameter (m)
slurry length (m)
Reynolds number (-)
sedimentation velocity (m･s-1)
water viscosity (Pa･s)
microcapsule density (kg･m 3)
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ABSTRACT
This paper presents the experimental and numerical results of a set of air curtain evaluations in a
Vertical Open Refrigerated Display Cases (VORDC) when subjected to external disturbances due
to the transfer of people in front of the air curtain. Previous experimental studies identified that the
stability of the air curtain depends on the climatic conditions and ambient air movement inside the
stores. The ambient air and VORDC air curtain can be disturbed during the movement of people in
front of the VORDC, causing a certain amount of cold air to flow out of the VORDC and consequently
hot and humid air entering. It is not possible to quantify exclusively the increase in energy
consumption due to the transfer of people in the real case, due to the other variables involved in the
process. Thus, a robot (Automated Mannequin for Interference Reproduction in the Air Curtain MARIA) was mounted on a rail placed around the VORDC, in a climate chamber with controlled
environment according to climatic class (n. º 3: T=25°C; =60%). MARIA performed clockwise and
counterclockwise movements around the VORDC, with velocities of 0.2 m.s-1 at 0.8 m.s-1, with a pitch
of 0.2 m.s-1. For the numerical evaluation, a 3D CFD model was developed to predict and analyze
the air flow and heat transfer in the air curtain and outside both ways, refrigerated space and ambient
air due to transfer of a body parallel to the air curtain.
Keywords: Air curtain, Experimental, Robot, VORDC, CFD.

1. INTRODUCTION
Since ancient times, man has the need and the will of obtaining cooling ways that make the
temperature of foods products to reach a value below the environmental temperature in order to
preserve them for longer periods of time. The perishable food products, from production to the final
consumer, are preserved and channeled through the system named as cold chain. According to
Rigot (1991), the cold chain can be described by five main links: Cold in the production stage; Cold
during storage, Refrigerated transportation; Cold in the distribution stage; and Home cooling. The
fourth link in the cold chain, which is the subject of this paper, is commonly referred as commercial
refrigeration by being placed at the trade level. ASHRAE (2010) indicates that the percentage of
energy consumed in a typical supermarket due to the refrigeration systems reaches 50%. According
to Faramarzi (1999), ASHRAE (2010) and Gaspar et al. (2011), the thermal load due to ambient air
infiltration to VORDC corresponds respectively from 67% to 81% of the total thermal load, depending
on the ambient air conditions. Hayes and Stoecker (1969) developed a correlation that describes the
ability of the air curtain to provide a proper separation between environments. The correlation is
given by a dimensionless parameter named as deflection modulus, Dm, which is the ratio between
the air curtain momentum and the modulus of the transverse forces caused by temperature
difference between the contiguous environments. Faramarzi (1999) determined the relative weight
of the total cooling load components for VORDC, composed by thermal loads from infiltration,
radiation, conduction, product pull-down cooling, devices (lights and fans), defrost and anti-sweat
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heaters, and product respiration. Chen et al. (2005, 2009, 2011) developed studies using
Computational Fluid Dynamics (CFD) codes to evaluate the thermo-physical parameters of the air
curtain in VORDC. The performance of air curtain was evaluated by the following dimensionless
numbers/parameters: Reynolds number, Grashof number, Richardson number and dimensionless
temperature. Navaz et al. (2005) developed further studies using Digital Particle Image Velocimetry
(DPIV), focusing mainly in studying the effectiveness of the air curtain and maintaining the
temperature of food products to a predetermined value. The results indicate that the Reynolds
number has direct effect on the ambient air entrainment into the refrigerated equipment due to its
role in the turbulence development. Yu et al. (2009) developed the TEF equation. The correlation is
given by eq. (1) to eq. (2) including the dimensionless temperature given by eq. (3).
𝑇𝐸𝐹 = (1 − 𝛽)𝑋𝑗 − 𝛽𝑋𝑗 𝑋𝑃𝐵𝑃
𝛽 = 𝑚̇

𝑚̇𝑃𝐵𝑃
+ 𝑚̇𝐷𝐴𝐺

Eq. (2)

𝑃𝐵𝑃

𝑇

−𝑇

Eq. (3)

𝑋𝑃𝐵𝑃 = 𝑇𝑃𝐵𝑃 − 𝑇𝐷𝐴𝐺
𝐴𝑚𝑏

Eq. (1)

𝐷𝐴𝐺

The results obtained by Yu et al. (2009) show a good approximation for TEF and temperature value
at the return air grille (RAG) with deviations of 0.9% and 0.1 °C respectively. Gaspar et al. (2009,
2010, 2011) evaluated the stability of the air curtain for climatic classes n.º 1, n.º 2 and n.º 3
according to EN-ISO 23953 (2005) and other classes beyond the standard. The evaluation was
made by experimental testing and numerically using CFD models. The results showed that the
ORDC performance strongly depends on the ambient air conditions such as temperature, humidity,
velocity and direction of ambient air flow in relation to the VORDC's frontal opening. Laguerre et al.
(2012) developed a simplified analytical model based on heat transfer equations to determine the
values of air and product temperatures at various locations of a VORDC. Cao et al. (2010, 2011)
developed a new strategy for conception and optimization in the air curtains design for vertical
VORDC. The strategy is based on the heat transfer model between two fluids (two-fluid of cooling
loss - CLTF) developed based on a Support Vector Machine (SVM) algorithm. Mousset and Libsig
(2011) developed the correlation described by eq. (9) that quantifies, for any ambient air condition,
the cooling load increment relatively to the cooling load in the climate class n.º 3 (Ta = 25°C;
a = 60%) of ISO23953 (2005).
𝐸𝑛𝑡ℎ𝑎𝑙𝑝𝑦(𝐶𝐿𝐴𝑆𝑆𝑥 )
Φ24 (𝐶𝐿𝐴𝑆𝑆𝑥 ) = Φ24 (𝐶𝐿𝐴𝑆𝑆3 ) 𝐸𝑛𝑡ℎ𝑎𝑙𝑝𝑦
Eq. (4)
(𝐶𝐿𝐴𝑆𝑆3 )

Where, Φ24 (𝐶𝐿𝐴𝑆𝑆𝑥 ) [W] is the heat extraction rate in the ISO climate class x while the Φ24 (𝐶𝐿𝐴𝑆𝑆3 ) [W]
is the heat Extraction Rate in the ISO climate class n.º 3. Similarly, Enthalpy(CLASS x) [kJ/kg] is the
enthalpy of the humid air calculated with the temperature and humidity of the class x and
Enthalpy(CLASS 3) [kJ/kg] is the enthalpy of the humid air calculated with the temperature (25°C) and
humidity (60%RH) of the climate class n.º 3. In the field of numerical simulation, computational codes
have been widely used by several researchers and product developers. For studies involving air flow
with heat and mass transfer, one of the best known and accepted computational tools among users
is Computational Fluid Dynamics (CFD). The evolution of models and capacities of computational
resources, have increased the precision of the numerical results. Some relevant examples of CFD
models develop to study the air flow and heat transfer in VORDC and it air curtain can be highlighted:
George and Buttsworth (2000), Ge and Tassou (2001), Gaspar et al. (2002), Axell (2003), Cui &
Wang (2004), D'Agaro et al. (2006), Gaspar et al. (2007c), Yu et al. (2007), Gaspar et al. (2008)
Gaspar et al. (2009), Traboulsi (2009), Gaspar et al. (2010a, 2010b), Ge (2010). Barve (2011), Wu
et al. (2014), Carneiro et al. (2015, 2017). These studies were based in 2D or 3D CFD models
developed to characterize air curtain efficiency and to investigate the influence of range of
parameters such as: jet height, width and velocity on (discharge air grille) DAG output, turbulence
models, distance of the air curtain to boundary conditions, external obstructions, orientations
regarding airflow in the room, ratio of flow rates between DAG and perforated back panel (PBP),
porosity distribution on PBP, door opening, among others. As seen, no studies have been developed
to evaluate the influence of consumers on the air curtain performance.
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2. EXPERIMENTAL PROCEDURE
Experimental tests were conducted in an environmental test chamber constructed according to ISO
23953 (2015). There is an air treatment to keep the air temperature and humidity surrounding the
display cases at the climatic class n.° 3 (Ta = 25°C; a = 60%). The test room is a thermally insulated
parallelepiped shaped space in which two of the opposing sidewalls are designed to provide a
uniform horizontal airflow (va = 0.1 to 0.2 m.s-1) through the room. The vertical ORDC provided by
Eletrofrio Refrigeration LTDA - Brazil has 2.5x1.1x2.1 m3. As shown in Fig. 1, it comprises: (1) an
insulating body (IB) surrounding all the equipment; (2) tube and fins heat exchanger (HX); (3)
discharge air grille (DAG); (4) return air grille (RAG); (5) perforated back panel (PBP) and; (6) shelves
(SH).
The temperature of the refrigerated compartment is provided by the cold air mass flow that exits
DAG and PBP and returns to RAG to be cooled again in the HX. The air flow exiting DAG forms an
air curtain which protects the inner refrigerated compartment. Note that this equipment has a primary
air curtain (PAC) and a secondary air curtain (SAC) in order to promote a more effective
aerothermodynamics sealing.

Figure 1: Vertical open refrigerated display cabinet.

The device has four fans with 53 W each to supply a flow rate of 0.4 m 3.s-1 to DAG and PBP. The
air, before reaching the DAG, passes through an evaporator with dimensions 2.20x0.13x0.35 m3
constituted by 222 fins and three rows of tubes in the air flow direction and 8 rows of tubes
perpendicular to it. The DAG has a total width, b, of 140 mm, which is equally distributed to form the
PAC (bPAC = 70 mm) and SAC (bSAC = 70 mm). This equipment is used to display products with
temperature class M1 (-1 °C to +5 °C). It was installed a remote mechanical system with a
compressor Octagon 2DC-3.2 and water condenser. The measuring instruments were selected in
order to obtain reliable measurements of the relevant physical properties’ variation collected every
minute during the experimental test.
2.1.

Robotic Mannequin

A robot, MARIA (Mannequin for Automatic Replication of the Interference in the Air), was designed
and constructed for the experimental study. The robot was programmed to move in front of display
case during 24h with a time period of 5 min, with a translation velocity of 0.6 m.s-1. This velocity value
was obtained with field analysis and corresponds to the average velocity of people transferring inside
a supermarket when they are in front of VORDC in the butchery sector. Experimental tests were
performed with and without the translation movement of MARIA in order to obtain experimental data
that allow the comparison of the display case performance with and without interference of the air
curtain due to the systematic transfer of MARIA. Fig. 2 shows the layout of the experimental testing
procedure. Tests were performed under the same climate condition and air velocity in the test room.
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Figure 2: MARIA in front of the VORDC

2.2.

Numerical Model

In addition to the experimental evaluations, a 3D CAD model was developed with the use of
SolidWorks 2016 CAD software for geometry, Mesh Ansys 2016 was used for the mesh generation
and Fluent Ansys 2016 for case modeling through the finite volume technique. To develop and
process each numerical model, a Z280 Workstation with Intel(R) Xeon(R) CPU E5-2640 v2 @
2.00GHz CPU with 32 GB of RAM was used.

3. ANALYSIS AND DISCUSSION OF RESULTS
3.1.

Experimental results

The experimental results of both case studies (with and without interference) were analyzed and
compared based on 24h data of the difference of air temperature and relative humidity between the
DAG and RAG. Additionally, the thermal load obtained in both case studies was also compared. Fig.
3a and Fig. 3b shown respectively the 24h data of difference of air temperature and (absolute)
humidity between the DAG and RAG for the experimental testing without and with (against the
direction of air flow from the test room) MARIA movement around the VORDC.

(a) Temperature difference: T = TRAG-TDAG [ºC].
(b) Humidity difference:   = RAG- DAG [gw/kgair].
Figure 3: Air temperature and humidity differences between RAG and DAG
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Fig. 3 allows to detect the effect of defrost period on the air temperature and humidity. Since the
evaporator defrost system is a heating coil placed inside the evaporator fins, when the system
operates (set to 2h30m intervals), the air temperature and humidity at DAG increase in large amount.
After the defrost system stop, the refrigeration system starts up and takes approximately 30 minutes
to return air temperature and humidity to the proper values for the products conservation. MARIA
moves around the VORDC during all testing period (refrigeration and defrost cycles). The objective
of the experimental testing is to evaluate the increase of air temperature and humidity at DAG, RAG
and conservation zone after 24 hours. During this period, the refrigerant flow and the enthalpies
difference were measured/calculated. Thus, the influence on thermal performance of the parallel
movement in front of the VORDC and consequent interference of the air curtain can be quantified.
The values of air temperature and humidity at RAG show a small increase at end of the test period
due to the translational movement of MARIA. The values of air temperature and humidity at DAG
maintained approximately constant during the test period because the heat exchanger absorbs the
heat gain of the air curtain due to external interferences. The thermal load was measured based on
the refrigerant flow and enthalpies difference. The enthalpy difference increases from 5317 [W] to
5328 [W] (4.6%) due to perturbations, disturbances or interference with the air curtain of VORDC.
3.2.

Numerical results

The numerical solution for evaluating the movement of MARIA at a constant velocity was developed
in a single model with different movement and stopping times. The motion starts at t = 1sec after the
start of the simulation for the movement opposite to the air flow in the climatic room (see Fig. 4 and
Fig. 5). After reaching the other side the block stops for t = 1 sec and resumes the movement, now
in the same direction of the room air flow. For each translation speed, a numerical model was
developed, configured with the same dynamics described previously. This method presented some
advantages, such as: (1) a single model corresponds to two Experimental Test; (2) reduction of the
computational cost for the evaluation of the movement. In addition, the stopping time of t = 1 sec
before the start of the movement, allows stabilization of the flow in steady state. Fig. 6 shows the
displacements of MARIA in front of the VORDC, identified from 1 to 10. Fig. 6 describe the prediction
of the evolution of temperature and thermal load along the RAG for the velocities of 0 m.s-1 to 0.8
m.s-1, with 0.2 m.s-1 steps. The time is divided by two as the velocity increases.

Figure 4: Displacements of MARIA in front of the VORDC

Room air
Figure 5: Streamline from the CAP to (t = 6.67s).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3441

(a) MARIA at 0.0 m.s-1 (No movement in front of the VORDC).

(b) MARIA at 0.2 m.s-1.

(c) MARIA at 0.4 m.s-1 (1/2 of total time).

(d) MARIA at 0.8 m.s-1 (1/4 of total time).
Figure 6: Average temperature and thermal load at RAG
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In all test cases of Fig. 6 it is possible to see that in the displacement of MARIA against flow, when
it is close to point 4, the averages of temperatures and energy consumption tend to reduce in relation
to the reference value, because at that point the solid body ends up blocking the air flow of the room
and thereby reducing the effect of the external ambient air on the VORDC air curtain. Just after
passing from point 4 to point 5, the room airflow again reaches the VORDC air curtain, generating
an increase in temperature and energy consumption. The same effect occurs in the return of MARIA
with a displacement in the same direction of the room airflow (points 7 to 9). In this case the arrival
of the body at point 7 forms a barrier to the airflow of the room. As it approaches point 9, it leaves
the air curtain subject to room airflow. In addition, the movement of the body causes drag and
provides a large instability to the air curtain. In the same way, it is possible to observe that, with the
increase of the transfer velocity, the reduction of the average temperature in the RAG is more acute,
as the peaks of temperatures close to point 9 do not present large differences for the different
velocities, being around 13.5°C. At that moment, the air curtain is in contact with the air flow of the
room and not with MARIA. Fig. 7 shows the results of smoke injection technique to qualitatively
evaluate the effect of the actual movement on the air curtain, providing an idea how the airflow is
affected by the human transfer in front to VORDC.

Figure 7: Drag due to human displacement

4. CONCLUSIONS
This paper describes the performance results of a VORDC when subjected to external disturbances
on the air curtain. With the robotic mannequin developed for this purpose, MARIA (Mannequin for
Automatic Replication of the Interference in the Air curtain), it was possible to simulate systematically
the movement of customers inside the store and quantify the increase of air temperature and thermal
load due to this disturbance. It has been observed experimentally that the air temperature and
humidity at RAG have a slight increase, approximately 0.2 °C and 0.4 gwater/kgdry air. Thus, the air
enthalpy is higher than in the case study without MARIA moving around the VORDC.
At supermarkets, there are several models of display cases, and all are subject to external
interference due to customers transfer. This study allows to quantify for this condition, a thermal load
increase of approximately 4.6%, which is for the model in study represents an increase of 210
[kcal/h]. In the numerical evaluation, it was possible to observe in more detail the effect of the MARIA
movement for a single pass in front of the VORDC in different directions and velocities, showing that
in the MARIA’s movement opposite to the room airflow tends to contribute to the performance of the
air curtain when it is close to point 4. The same occurs with the opposite direction movement.
Instabilities were measured and predicted when MARIA approaches point 9, since the VORDC’s air
curtain is subject only to the room’s airflow. Additionally, the turbulence generated by the drag due
to the movement of MARIA also generates instability in the air curtain. Despite these instabilities in
the air curtain, the temperature peak in the RAG reaches a value close to 13.5 °C for the 4 simulated
velocities.
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ABSTRACT
The refrigeration and air conditioning (AC) systems in a typical supermarket account for 70%
and 10% of total energy consumption of store, respectively. Generally, it is difficult to find the
optimal store temperature for minimizing the total energy consumption of both systems and
customers’ comfortableness. This paper attempts to find the optimal set point through a
developed control device installed in a typical supermarket. From the data acquisition system,
the preliminary results show that the total energy consumption of both systems under
coordinated control method is lower than that of 25℃ store temperature by 14%, and total
energy consumption of store can be saved at least 5%. Since the store temperature cannot be
decreased unlimitedly for consideration of customers’ comfortableness. The future work has
been conducting to find the optimal set point in the supermarket by using our developed control
device.
Keywords: Energy savings, Energy consumption, Temperature, Supermarket, Display cases

1. INTRODUCTION
Refrigerated display cases are commonly used to keep chilled food at a lower temperature in a
supermarket in Taiwan. Due to the high population density, the open display cases have been
chosen instead of the closed type because there is no restriction between customers and goods.
Despite the convenience of open display cases, the ambient infiltration would lead to high energy
consumption because of the humid subtropical climate. According to the measurement data, the
refrigeration and air conditioning systems in a supermarket accounts for approximately 70% and
10% of its total energy consumption. In order to lower the energy waste, the energy saving
strategies should be carried out. Many studies have investigated the relation between indoor
humidity and the energy consumption of refrigerated display cases. Howell and Adams (1991)
studied the effects of indoor space conditions on refrigerated display case performance. Howell
(1993) evaluated the effects of relative humidity in typical food retail store and the result showed
that for a 5% reduction in store relative humidity, the display case refrigeration load is reduced
by 9.25%. Orphelin (1999) et al. discussed a novel method in typical French supermarkets. They
estimated the impacts of temperature and humidity set points on the total energy balance. The
result showed that the acceptable set point in terms of energy consumption and customer
comfort would be calculated by the well-known performance of air-conditioning and refrigeration
systems. Latuerre et al. (2012) studied the effects of temperature changes inside the display
cases with increasing room temperature, which was controlled at 20°C, 25°C and 30°C. The
results showed that higher room temperature led to the higher product and air temperatures in
a display case, which means that the heterogeneity would be influenced by the manufacturing
design and the ambient condition. Chen et al. (2005) studied the relationship between ambient
temperature and the temperature inside the refrigerated display cases. The results showed that
increasing ambient temperature would not only increase the temperature of the cases but also
cause the rising of supplied and returned air temperature. Yoshida et al. (2018) analyzed the
heat load in the supermarket by CFD. The results showed that when reducing the set
temperature from 28°C to 19°C, the heat load of display cases and the total heat load of display
cases and air conditioning would decrease 21% and 11%, respectively. Previous studies
showed that the lowering room condition would increase the energy consumption of air
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conditioning, but reduce the heat load of the refrigeration system in some specific field. However,
because each store has a unique layout and ambient condition, it is difficult to find a general
temperature set point. Therefore, a coordinated control device which can be utilized in any
supermarket was constructed.

2. EXPEMENTAL METHOD
The energy consumption of the refrigeration system is directly related to the refrigeration load,
which consists mainly of air infiltration through the open front of the case, heat conduction
through case panels and walls and thermal radiation from the ambient to the display case.[7]
Fig. 1 showed that the air infiltration is the most significant part of heat load in the open display
case, which is resulted by the temperature difference between room temperature and the
temperature inside the refrigeration display cases.

Figure 1: Refrigeration load percentage breakdown for meat, dairy and frozen food display cases
(Walker et al., 2004)

In order to simulate the interaction of display cases and room conditions, several assumptions
were proposed. First, we assumed that there was a steady-state and isolated 270 m 3 room,
which would not transfer the heat by the convection, radiation, and conduction from the room to
the ambient. Second, in order to simulate the ambient air infiltration from outdoor, an air change
rate (ACH) of 20 had been chosen. The heat load caused by the air change was calculated by
the equation 1.
eq. (1)

𝑞𝑎𝑖𝑟 𝑐ℎ𝑎𝑛𝑔𝑒 = 𝑉 × 𝜌 × 𝐶𝑝,𝑎𝑖𝑟 × (𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡 − 𝑇𝑟𝑜𝑜𝑚 )

Third, the refrigeration load of each display cases was 2 kW at 26°C and would vary by the heat
transfer formula in Table 1. All the coefficients of heat transfer were calculated by the
refrigeration load percentage, display case temperature, and room temperature. The last
assumption is that the refrigeration leakage from the display cases to the room was assumed
as 80% of the refrigeration load. And the full refrigeration load of a single display case at different
room temperature was shown in Fig. 2.
Table 1. Heat transfer formula

Refrigeration Load

Percentage
(ORNL)

Convection

80 %

Newton’s law

𝑞𝑐𝑜𝑣 = ℎ (𝑇𝑟𝑜𝑜𝑚 − 𝑇𝑐𝑎𝑠𝑒 )

Radiation

10 %

Stefan–Boltzmann
law

Conduction

3%

Fourier’s law

Heat loss from
electricity equipment

𝑞𝑟𝑎𝑑 = 𝜎𝜖 (𝑇𝑟𝑜𝑜𝑚 4
− 𝑇𝑐𝑎𝑠𝑒 4 )
(𝑇𝑟𝑜𝑜𝑚 − 𝑇𝑐𝑎𝑠𝑒 )
𝑞𝑐𝑜𝑛 = 𝑘
𝑥

7%

Heat Transfer Formula

-

𝑞𝑒𝑞𝑢𝑖𝑝 = 𝑞𝑓𝑎𝑛 + 𝑞𝑙𝑖𝑔ℎ𝑡 + ⋯
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Figure 2: Refrigeration load of display case at different room temperature

Two simple cases with 5 and 10 open display cases were considered to verify the effects on
energy savings. Outdoor temperature was range from 26°C to 34°C and the room temperature,
which was controlled by air conditioning temperature setpoint, was range from 22°C to 28°C.
As we all know, the heat load is proportional to the temperature difference and when the ambient
temperature increases, the heat load increases as well. For example, if the room temperature
was fixed at 22°C when the ambient temperature increased from 26°C to 34°C, the heat load
would significantly rise from 8 kWh to 24 kWh.
Table 2. Refrigeration load (kWh) of the 270 m3 room with 20ACH

𝑇𝑟𝑜𝑜𝑚

𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡

26

28

30

32

34

22

8.01

12.02

16.02

20.03

24.03

23

6.01

10.01

14.02

18.02

22.03

24

4.01

8.01

12.02

16.02

20.03

25

2.00

6.01

10.01

14.02

18.02

26

-

4.01

8.01

12.02

16.02

27

-

2.00

6.01

10.01

14.02

28

-

-

4.01

8.01

12.02

Considered the spillage of the cold air from the open display cases, part of the cooling demand
was shared by the open display cases. In other words, the refrigeration contribution of air
conditioning became lower. In several conditions, because the refrigeration leakage was more
than the refrigeration demand, the air conditioning would not need to operate. The refrigeration
load of air conditioning in each condition was shown in Table 3.
Table 3. Refrigeration load (kWh) of air conditioning with 5 display cases (Case 1)
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡
26
28
30
32
34
𝑇𝑟𝑜𝑜𝑚

22

1.49

5.49

9.50

13.50

17.51

23

0.00

3.12

7.13

11.13

15.14

24

0.00

0.75

4.76

8.76

12.77

25

0.00

0.00

2.39

6.39

10.40

26

-

0.00

0.01

4.02

8.02

27

-

0.00

0.00

1.65

5.65

28

-

-

0.00

0.00

3.28
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To calculate the total energy consumption, the COP of air conditioning and display cases were
assumed as 3.6 and 1.6, respectively. Table 4 showed the total energy consumption in case 1
and Table 5 showed the result in case 2. In case 1, the best room temperature set point was
24°C when the ambient temperature was at 28°C, but in case 2, the optimal set point was 22°C
at the same outdoor temperature which was resulted from the different amount of refrigeration
leakage. As we can see, every ambient temperature would have its own energy conservation
set point and the energy would waste at most 34% if the temperature was controlled at the wrong
condition.
Table 4. Total energy consumption (kWh) in Case 1 (5 display cases)
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡

26

28

30

32

34

22

5.51

6.62

7.73

8.85

9.96

23

5.38

6.25

7.36

8.47

9.59

24

5.67

5.88

6.99

8.10

9.22

25

5.96

5.96

6.62

7.73

8.85

26

6.25

6.25

6.25

7.36

8.48

27

6.54

6.54

6.54

6.99

8.11

28

6.83

6.83

6.83

6.83

7.74

𝑇𝑟𝑜𝑜𝑚

Table 5. Total energy consumption (kWh) in Case 2 (10 display cases)
𝑇𝑎𝑚𝑏𝑖𝑒𝑛𝑡

26

28

30

32

34

22

10.19

9.90

11.02

12.13

13.24

23

10.76

10.76

10.83

11.94

13.06

24

11.34

11.34

11.34

11.76

12.87

25

11.92

11.92

11.92

11.57

12.69

26

12.49

12.49

12.49

12.49

12.50

27

13.07

13.07

13.07

13.07

13.07

28

13.65

13.65

13.65

13.65

13.65

𝑇𝑟𝑜𝑜𝑚

According to the results of the simulation, it is impossible to have an optimal temperature set
points without enough information of the store layout, devices performance and the outdoor
temperature. In order to deal with the difficulty, a coordinate control method had been
investigated.

3. COORDINATE CONTROL PROCESS
The basic process was proposed to minimize the total energy consumption of refrigeration and
air conditioning by measuring the outdoor temperature and power consumption.
1. Measure the ambient temperature and the total power consumption of the air conditioner
and the display cases in time interval A. (such as 10 minutes)
2. If the ambient temperature difference is smaller than the temperature setting interval dT, air
conditioning operates the cooling operation. And if the ambient temperature difference is
greater than the temperature setting interval dT, the operation would be decided by the
previous data and the ambient temperature.
3. Calculate the total power consumption of the air conditioner and the display cases in time
interval B.
4. If the sum of the power consumption in time interval B is smaller than the power consumption
in time interval A, which means the cooling operation can save some energy and the cooling
operation will be continued.
5. If the sum of the power consumption in time interval B is greater than the power consumption
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in time interval A, which means the cooling operation wastes more energy and the cooling
operation will be replaced by the heating operation.
6. Repeatedly run the upper cycle to make the total power consumption minimize.

4. RESULTS and DISCUSSION
First, a coordinated control device consists of at least two wattmeters were constructed to verify
the coordinate control hypothesis could be utilized in a real field, a food retail store with 5 open
display cases and 3 independently controlled 5RT air conditioner was chosen. The results in Fig.
3 showed that when setting the air conditioning temperature at 25 °C, the total power consumption
was around 65 kWh. But when reducing 1°C of the set temperature, the total power consumption
was 54kWh, which had a 17% reduction of energy usage. This short-term test had proved that
decreasing the setting temperature would have a positive effect on energy saving in a store with
open display cases.
80
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69.9
65.6
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54.1
47.3

40
25 25 25 24 23

30

30.8 28.8
29.7 30.7
27.1
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0
Total power (kWh)
25-Oct/2017

A/C setting
temperature(℃)

26-Oct

27-Oct

Ambient
temperature(℃)
28-Oct

29-Oct

Figure 3: Total energy consumption data and temperature in a food retail store

After the small store test, a supermarket which contains 12 open display cases were selected
to be the test field. The layout of the supermarket was displayed in Fig. 4. The entrance and exit
were at the bottom side and the open display cases were marked in yellow at the right-hand
side in the figure. Because the arrangement of the display cases was in the same area, the
coordinate control device only controlled the air conditioners near the display cases. Figure 5
showed the total power consumption from July 14 to July 31 and Table 6 showed the outdoor
conditions and power consumption. The coordinated control device operated 5 days and then
turned off to compare the energy saving rate. When using coordinated control method, the air
conditioner temperature setpoint automatically controlled at 22°C to 27°C and the average total
power consumption was 811.8 kWh/day. When using the normal control method at 25°C, the
operation time of the air conditioner decreased as well as the air conditioner power consumption.
However, the average energy consumption of the refrigeration increased from 691 to 854
kWh/day and the total energy consumption increased about 14%, which means the coordinate
control device worked well and had a 14% energy saving potential.
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Figure 4: Layout of the supermarket

Figure 5: Energy consumption of the supermarket measuring data
Table 6. Outdoor conditions and power consumption

Avg. Outdoor Condition
Date
14/07/2018
15/07/2018
16/07/2018
17/07/2018
18/07/2018
19/07/2018
20/07/2018
21/07/2018
22/07/2018
23/07/2018

Temperature Humidity
(%RH)
(℃)
28.5
28.2
29
30
29.9
30.2
29
26.8
26.9
27.6

73
73
70
69
67
66
69
80
82
79

Power Consumption(kWh)
Air Conditioning

Refrigeration

Total

111
124
134
121
114
82
62
51
50
50

777
651
635
713
679
831
846
825
837
842

888
775
769
834
793
913
908
876
887
892
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5. CONCLUSIONS
Every store had a unique layout and ambient condition, so it was difficult to find a general optimal
temperature. The coordinate control devices were invented to solve the problem and were
conducted to verify the energy performance of the proposed energy saving in the supermarket.
The simulation and the field test verified the hypothesis of the coordinate control method. And
the results above showed that the coordinate control device was reliable and was able to lead
to energy saving up to 14% by automatically control the air conditioner temperature set point.
To sum up, the coordinate control device would be one of the energy-saving methods to improve
energy usage in supermarkets.
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NOMENCLATURE
q

Heat flux (kW)

𝜌

𝐶𝑝

Specific Heat Capacity (kJ·kg-1·K-1)
Temperature (℃)
Stefan–Boltzmann constant
(5.67×10−8 W·m −2·K−4)
Thermal conductivity (W·m-1·K-1)

V Volume (m 3)
h Heat transfer coefficient (W·m-2·K-1)

T
𝜎
k

Air density(kg·m-3)

𝜖 emissivity
x Material thickness (m)
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ABSTRACT
This paper presents the results of audits performed in 60 companies of the food processing
industry, specifically of meat, dairy, horticultural and bread products. The refrigeration volume, type
of refrigeration system, refrigerant, building and insulation materials of infrastructure and
refrigeration chambers, average air temperature and humidity, and the energy consumption are
presented, compared and discussed per sector. The analysis allows to provide several measures
and best practices aimed for the improvement of the thermal performance and energy efficiency of
the food processing industry. The implementation of simple and very cost-effective transversal
electricity savings measures such as awareness and/or training of operators, proper maintenance
and monitoring tasks can benefit the sector. Tailored energy efficiency measures by sector, which
may offer savings on several levels, are discussed. These best practices may increase productivity
and competitiveness and reduce the environmental impact, and thus improve the global
sustainability of the Portuguese food sector.
Keywords: Food Processing Industry, Characterization, Refrigeration System, Audit, Best
Practices.

1. INTRODUCTION
The world's population is increasing, and with it also increases the need to produce more food.
According to forecasts of the Food and Agriculture Organization of the United Nations (FAO), the
global food production will increase by 70 percent to sustain the world population expected to
reach 9 billion by the year 2050 (Morais et al., 2018). Currently, the food industry still faces many
losses during the food chain, in part due to the unproper conservation conditions to which products
are subjected. It is estimated that one-third of all food produced is lost during the steps preceding
the final consumption (Gustavsson et al., 2011). For companies in the agro-food sector, these
losses are sometimes crucial for their continuity in the market. In the case of Portugal, the
manufacturing industry is made up mostly of small and medium-sized enterprises (SMEs),
representing, in 2016, 11% of the country's economic activity. Given its economic characteristics, it
is essential for SMEs to minimize the ratio between the produced and lost product.
Another factor that also has a high weight in the continuity of a company is the energy bill. The
equipment used in the agro-industry requires more energy to operate due to its characteristics, and
without the correct utilization, the energy consumption will be greater. For example, one of the
main reasons for the high energy consumption in the conservation chambers is the considerable
thermal load caused by infiltration of the surrounding air while the doors are open (Gil-Lopez et al.,
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2013). In order to reduce this expense, it is necessary to adopt measures that aim at operational
efficiency. Energy efficiency measures can go from simple and costless measures to measures
that require an initial investment, but which translate into a surprising reduction of long-term energy
expenditure. One way to assess the energy efficiency of an industry is through energy indicators,
which aim to gain an understanding of the major techno-economic influences in industry’s final
energy consumption, and in individual sub-industries or industries (Morais et al., 2018). Food
quality control is necessary, both to protect the consumer against disease and to maximize the
efficiency of the food industry (Ghaani et al., 2016). However, as in case of food storage in
controlled environment chambers, the energy consumption could result very high especially when
these devices are not optimally designed.This article characterizes the refrigeration systems of the
food processing industry in Portugal, based on an audit conducted to 60 companies under the
project +AGRO (www.maisagro.pt).

2. ENERGY EFFICIENCY
The term "efficiency" describes, according to Hordeski (2005), the capacity of equipment that
operate in cycles or processes, to produce the expected results. In a physical view, the concept of
"efficiency" would be limited to processes in which there is energy conversion and in which the
initial and final forms are visible or perceptible - kinetic, potential and electric energy. In a simpler
way, energy efficiency can be defined as the ratio between the amount of final energy used and a
produced good or service performed. The technologies around energy efficiency are a way to
reduce the energy consumption without change services or consumer’s behavior (Pradella et al.,
2017). There are two sets of energy efficiency measures that can be applied, being classified as
transversal measures and specific measures, oriented to each type of industry. The transverse
measures translate four groups of technological performance: Electric Motors, Heat and Cold
Production, Lighting, Industrial Process Efficiency and Other Measures not specified. (Evans &
Gigiel, 2007, Evans & Gigiel, 2010, Evans et al., 2014). Surveys demonstrated that energy savings
of about 30-40% were achievable by optimizing usage of stores, repairing current equipment and
retrofitting of energy efficient equipment (Evans et al., 2014b).
For practical use of these indicators it is necessary to simplify the presentation by constructing the
corresponding aggregates for most structural effects. Structural changes, the effects of
international trade and permanent changes in energy consumption are mainly driven by
improvements in efficiency. These improvements can be explained mainly by various technological
changes, as well as influenced by other factors:
• Changes in technical efficiency;
• Replacement of technological processes;
• Changes in the manufacturing process used, (e.g., dry-path wet-making ceramics or viceversa) that reduces the process energy consumption.

3. METHODOLOGY
The present study is a summary of the main results of an activity of project +AGRO:
Organizational, Energy and Occupational Health and Safety Qualifications in the AgriFood Industry
(Project 04 / SIAC / 2015 – SIAC 16159) (www.maisagro.pt) (Gaspar et al., 2018). The Project
+AGRO aims to qualify SMEs in the agri-food sector, namely in the product subsectors of Meat,
Horticultural, Dairy and Bread/Bakery products. The project focused in three topics of upmost
important for the competitiveness of the agri-food processing industries: Occupational Safety and
Health (OSH): Energy efficiency; and Organizational management of the productive processes.
The project activities included the characterization of these topics in each subsector. The results of
audits conducted to characterize the subsectors were used to develop a set of computational tools
based on ICT as well as to develop specific good practices tools to reduce the inefficiencies.
Companies were contacted to explain the objectives of the study and what was intended with their
participation. After the first contact, it was necessary to visit all the facilities to present the project in
a more dynamic and interactive way, allowing to know the dynamics of the company.
To carry out the initial information collection, a data collection model was developed that reflected
the current characteristics of the company / industry.
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Objectives: To carry out a general characterization and an energetic characterization of the
companies under study.
Sample: The data collection model was applied to 60 agri-food companies from 4 different
subsectors: Meat, Horticultural, Dairy and Bread/Bakery products.
Variables: The following variables were analyzed: Chamber volume, material used for thermal
insulation and flooring, air temperature and humidity and energy consumption.
Method of Collection: Personally, through meetings marked with the companies surveyed, and
using appropriate equipment.
In order to maintain the privacy of the companies, a numerical codification was adopted and
assigned to each company according to the sector of operation and the region.
In the energy characterization component of each company, it was necessary the installation of
energy analyzers in the electric boards, which allowed the acquisition of the necessary data for the
elaboration of the study. For refrigeration and freezing equipment, the data collected concern the
temperature and humidity inside the chambers. To obtain the data, the following equipment was
used: Individual Protective Equipments; Clamp meter; Multimeter; Power analyzers; Multicontacts;
Infrared Distance Meter; Camera; Thermographic camera; Other general tools. Data were also
required from companies, such as:
• Energy consumption (electricity, heating oil, natural gas, propane gas, firewood, naphtha,
pellets, others);
• Characteristics of tariffs and consumption of electricity;
• Infrastructures (plant location);
• Features with heat generators;
• Disaggregation of the consumption of electric energy;
• Characteristics of cold rooms;
• Specification of cooling systems.

4. RESULTS

Volume (m3)

Based on the audits results, it was possible to characterize the refrigeration systems used in the
Portuguese food processing industry. The sectors with the highest volume in the conservation
chambers, as shown in Fig. 1, are the meats and dairy sectors, with an approximate average of 80
m3, followed by the bakery sector (20 m3) and the horticultural sector (8 m3).
90
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Bread

Sector

Dairy

Horticultural

Figure 1: Average volume of chambers by sector

80% of the conservation chambers use thermal insulation panels, as shown in Fig. 2. A correct
choice of materials used in the construction of the chambers is the first step to increase energy
efficiency. Inherent in this choice are factors such as the method of manufacture and the
necessary investment that sometimes prove to be obstacles to business.
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Percentage of chambers
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Figure 2: Material used in the construction of chambers of refrigeration and freezing

Percentage of material

For the coating of the chambers, the choice fell to the concrete with 75% of use. From Fig. 3, it is
still possible to verify that the horticultural sector is the one that presents a greater use of thermal
insulation panels for the coating of the chambers.
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Figure 3: Material chosen for the coating of chambers

Percentage of material

The thermal insulation materials employed, with approximately 85% use of the polyurethane, is
shown in Fig. 4. In the sectors of the bakery and horticultural is the insulation of choice. On the
other hand, about 20% of the companies surveyed in the dairy sector do not have any thermal
insulation inside the chambers. In this situation it will be expected a higher thermal load and,
consequently, a greater difficulty of the refrigeration equipment to maintain the temperature inside
the chamber.
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Figure 4: Thermal insulation materials used in chambers
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The type of refrigerant used in refrigeration systems was also evaluated. It can be seen from Fig. 5
that industries still resort to fluids that have been banned, such as R22 (6%). There is also a great
use of R404A (75%), which according to the Food & Drink Federation, will be banned from the
Market in early 2020 because of its GWP (Global Warming Potential) value. Thus, this is a very
important insight in the characterization, because the Portuguese agri-food industry must start to
retrofit their cooling systems to adopt alternative refrigerants.
2%
2%
2%

6%

2%
2% 2%

R427A
R404A
R407A

7%

R437A
R422D
R22
R417A
R12

75%

R134A

Figure 5: Breakdown of the type of Refrigerant (%)

Regarding the environment inside the chambers, as shown in Fig. 6, there is a high variation
between the minimum and maximum values of air temperature, especially in the meat and bakery
sectors. This air temperature range force the refrigeration equipment to work almost continuously
resulting in higher values of energy consumption. Fig. 7 shows the average measured values of air
relative humidity.
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Figure 6: Range of temperature values inside the chambers, per sector
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Figure 7: Range of relative humidity values inside the chambers, per sector
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Depending on the needs of each sector, different refrigeration systems are adopted. Approximately
50% of the systems used in the different sectors are of the “individual” type, being the choice of all
companies in the horticultural sector, as shown in Fig. 8. This individuals’ systems are constituted
by a compressor, a condenser, an expansion valve and an evaporator.
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Figure 8: Types of Refrigeration systems, per sector [%].

Due to the chambers characteristics, it’s necessary to have artificial light to provide the necessary
work conditions to operators, so, illumination is another important factor when it comes to efficiency
in industries (Sudhir, 2016). The most used lighting systems is the fluorescent type, as you can see
in Figure 9, whose efficiency is very poor when compared with LED
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Figure 9: Illumination used inside the refrigeration chambers, per sector (%)

Avg. annual energy cost [€/yr]

The examination of Fig. 10, where the energy expenses by energy source is presented, shows that
the preference for renewable sources is not yet part of the choices of the sectors under analysis,
perhaps justified by the higher investment required by new equipment acquisition. However,
between January and July 2018, 58% of the electricity produced in Portugal came from renewable
sources (APREN, 2018).
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Figure 10: Average annual energy cost per energy source (€/year)
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Figure 11: Storage conditions of cold rooms, by sector

Based on the results obtained, the storage conditions in the Portuguese food processing industries
can be classified as good, in Fig. 11. The bakery sector has a lower classification compared to the
meat, horticulture or dairy sectors.

5. CONCLUSIONS
The present study aims to characterize the refrigeration systems used in the different food sectors
in Portugal, based on efficiency. Similar studies were carried out by Bastos et al. (2013), Gaspar et
al. (2013), Nunes et al., (2014, 2015) and Morais et al., (2018), . It turns out that obtaining
electricity for the operation of the equipment still comes from most fossil sources, which contributes
to the increase of carbon dioxide emissions to the atmosphere. With the increase in the demand
for food, it is necessary to maximize the conservation processes, namely the refrigeration
chambers and the first step is through the analysis of the energy consumptions and the conditions
of construction. Approximately 80% of the industries use insulation panels and a good thermal
insulation for the construction of the chambers, showing concern for the chambers construction
and structure as well as its insulation properties. Regarding the material used for coating, many
companies opt for the concrete.
The measured temperatures present a large amplitude, indicating thermal losses. These losses
can be caused not only by the incorrect sizing of the chamber and the refrigeration system for the
product to be conserved, but also by the logistics processes, such as the opening of doors. The
use of LED lighting is also not yet a 100% adopted by industries, as shown in Figure 9, which
contributes to the decrease in the efficiency of the chambers. Concerning the refrigeration
systems, some of the refrigerating fluids used have already been banned from circulation and
others will be banned in the next 2 years. Changing fluids sometimes involves retrofitting or
replacing the equipment, which is associated with a cost that is not always tolerable for SMEs, but
which is mandatory for those seeking to maximize manufacturing processes. Secondly, some
freezing/refrigeration equipment is not always sized for the effect in question, having implications in
the thermal load to which they will be subject and therefore, the amount of energy that they use.
From Figure 10 it can be concluded that the meat industry is the one that spends most on energy,
with approximately 100 000 €/year (average per plant), and is due in part to the nominal power that
the equipment has to ensure freezing temperatures.
The state in which the chambers of refrigeration of the different sectors are in general, can be
evaluated like good.
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ABSTRACT
The autonomy time of an icelined solar powered vaccine cooler expresses the amount of hours the
cooler is able to keep vaccines within an acceptable temperature range during low solar radiation
conditions, i.e. when the compressor of the cooling system is idle. This study investigates how
different parameters related to the cooler cabinet and ice storage affect the autonomy time. A
dynamic model of the vaccine cooler cabinet including the ice storage was used for the investigation.
The model was calibrated using measurements from three different experimental setups, and the
calibrated model showed a good agreement with the measurements. The results show that the mass
of ice in the storage was the most promising parameter to consider for prolonging the autonomy time.
Furthermore, it was shown that reduction of the thermal bridges in the cabinet also is of great
importance.
Keywords: Icelined Refrigerator, Autonomy Time, Solar Powered Refrigeration, Vaccine Cooler,
WHO.

1. INTRODUCTION
In many developing countries, the electrical grid is either unreliable or not existing, especially in the
rural regions and small villages. A study by Adair-Rohani (2013) showed that 25 % of health facilities
in Sub-Saharan Africa did not have access to any kind of electricity. Furthermore, 1/3 of hospitals in
the area experienced unreliable grid connections. This leads to limited use of electrical applications,
such as cooling systems for of medical supplies and products.
Medical supplies such as vaccines are critical in the developing countries. According to the World
Health Organization (WHO), the global immunization coverage, i.e. the amount of people with
effective vaccines in their blood, has stalled at around 85 % (WHO, 2018) and only very limited
progress was attained over the last years. It is stated that 1.5 million lives could be saved if the global
immunization coverage improves.
One reason for the fading progress is that vaccines need to be stored cold, in order to avoid spoilage
and loss of potency. According to WHO (2015) vaccines should be kept at a storage temperature
between 2 °C and 8 °C at all times from manufacturing to administration, in order to ensure the
quality of the vaccines. Keeping vaccines cold in rural regions of developing countries is complicated,
due to the lack of reliable electricity, as well as challenging ambient conditions in terms of both
temperature and humidity.
To solve this issue several commercial coolers exists, which are able to operate without a grid
connection. These coolers typically use photovoltaic (PV) modules for power supply and either a
battery or an ice bank for energy storage.
1.1.

Literature Review

Fatemulla (2011), investigated a refrigeration system using PV modules and a battery for energy
storage. The study focused on comparing the costs of using PV, rather than conventional grid
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electricity. They found that a payback period of around 7 years was expected from the PV modules.
Since this was shorter than the expected lifetime, the authors deemed PV a viable investment.
Several studies have investigated the use of thermoelectric coolers for off-grid cooling purposes
(Hans et al., 2016, Wang et al. 2011). Hans et al. (2016) investigated a thermoelectric cooler driven
by a PV and with a battery for storage. Through experimental testing, they found that the cooler was
able to keep the cold room temperature within the defined boundaries of 10-15 °C, while operating
with a coefficient of performance (COP) of 0.34.
Aktacir (2011) also considers a refrigerator powered by a PV / battery combination. The system
performance on a daily, as well as a seasonal level was investigated for one of the warmest regions
of Turkey. It is found that the PV solution was able to deliver the required amount of energy needed
to operate the refrigerator at desired conditions.
As stated in Pedersen et at. (2019) experience has shown that the use of batteries in vaccine coolers
often is related to increased costs, since the life-time of the batteries is suffering from the high
ambient temperatures and the frequent deep discharging. This encouraged the development of direct
drive solar powered vaccine coolers with ice storage. Since PV modules generate direct current
(DC), it is often advantageous to use a DC compressor for the refrigeration system. In this way the
compressor may be connected directly to the PV panels, as a so-called direct drive compressor.
In a study by Ekren (2013), such a DC compressor was investigated, to see if the energy usage
could be reduced by use of a variable speed controller, rather than an on/off controller. It was found
that the use of variable speed control leads to an increase in COP as well as exergetic efficiency,
particularly at high rotation speeds.
In Jensen et al. (2019) three different compressor control strategies were investigated for two
different direct drive compressors. Through numerical modelling it was found that by selecting an
appropriate compressor control strategy the amount of PV panels needed to operate a vaccine cooler
could be halved if the compressor start power could be supplied by e.g. a capacitor or a smart start
algorithm.
Pilatte (1984) investigated a refrigerator powered by PV cells, which had the ability to produce ice
and use this for energy storage. The cooler was relatively large, with a vaccine storage chamber of
70 litres, and an additional storage room of 70 litres, with a temperature of about 10 °C. The icestorage of 14 litres was able to produce 2 kg of ice within 24 hours. Performing several tests revealed
that the cooler was able to deliver the requirements set by the WHO for vaccine coolers in tropical
regions. During operation, the cooler had an average energy consumption of 370 Wh within 24 hours
and by using a high level of thermal insulation COPs as high as 1.6 were measured.
Walker (2007) investigated how to design a low-cost vaccine cooler, focusing on a heat transfer
regulating device, whose purpose is to control the temperature within the vaccine storage chamber.
This cooler also utilized an ice storage. Through modelling of the system, the temperature response
of the vaccine chamber due to openings of the cooler lid was investigated. It was found that even
though only one vial is present, and the entire cooler is filled with air at 45 °C, the single vial still
remained within the boundary of the acceptable temperature range.
1.2.

Scope

Autonomy time of a vaccine cooler, as defined by WHO, is the number of hours the vaccine cooler
can keep the vaccines within the acceptable temperature range during low solar radiation conditions,
i.e. lower than what is required for the compressor to run, but low-consumption equipment such as
fans or electronics might be operating. A measurement of the autonomy time starts when the
compressors shuts off and ends once a single temperature measurement of the vaccines reaches a
temperature of 8 °C. In the present study we focus on extending the autonomy time of vaccine
coolers using ice storage. By use of numerical analysis, we investigate how different parameters of
the ice storage and cabinet affect the autonomy time of the vaccine cooler.

2. METHODS
In order to investigate the autonomy time of a vaccine cooler a dynamic model of the cabinet
including the ice storage was created. The model was implemented in Engineering Equation Solver
(Klein, 2018).
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2.1.

Cabinet Model

Fig. 1 (left) shows a sketch of the considered vaccine cooler layout. The sketch is a cut through the
middle of the vaccine cooler and it should be noted that the ice-storage surrounds the four side walls
of the vaccine compartment. Furthermore, the evaporator is a spiral-shaped pipe, wrapped around
the ice-storage. The condenser is also a long pipe, but placed on one side of the unit, similarly to a
household refrigerator. The ice-storage itself is placed in the top part of the side wall and separated
of the vaccine chamber by the frame with a thin layer of plastic material between the frame and the
ice-storage. All walls are insulated with PU foam as well as a vacuum insulation panel on the outside
of the insulation. The vaccine cooler also contains a lid, which is insulated by PU foam.
For the modelling the condenser and evaporator tubes were disregarded, since the refrigeration
system is idle during autonomy time. The vaccine cooler was divided into eight control volumes as
seen in Fig. 1 (right). The arrows indicate how a given control volume interacts with the neighbouring
control volumes. Red arrows indicate heat transfer by convection, calculated by multiplying a
convective heat transfer coefficient with the heat transferring area and the temperature difference
between the surface and the ambient or cabinet inside air temperature.

Figure 1: (Left) Sketch of the vaccine cooler cabinet with ice storage. (Right) Sketch of the modelled
control volumes and their interactions

The two purple arrows indicate heat transfer by conduction. The blue arrow indicates heat transfer
through thermal bridges. This was modelled by fixing a UA-value for the thermal bridges and
multiplying this with the temperature difference between the ambient air and the air inside the vaccine
compartment. Air infiltration, indicated by the solid black arrow in Fig. 1, was taken into account in
the energy balance of the air control volume as well as possible condensation of moist air, as
indicated by the water droplets in the figure.
Dynamic mass and energy balances were formulated for all control volumes. For the air, product and
ice-storage control volumes a lumped capacitance approach was chosen, while transient conduction
through a composite wall was applied for the wall and frame insulation control volumes. The walls
consisted of an outer layer of steel, a vacuum insulation panel, a layer of insulation material (PUfoam) and another layer of steel on the inside. The walls were discretised such that a calculation
node was placed at each material interface and additionally 10 nodes were placed inside the layer
of PU foam.
The frame consisted of an aluminium layer, a thin layer of insulation material and another aluminium
layer. Since the insulation material only a thin layer only 3 nodes were added in this layer.
Furthermore, a contact resistance of 500 W m-2K-1 between the ice and the aluminium layer was
defined.
The product consisted of a number of vials. Each vial was assumed to have a cylindrical shape. The
density and heat capacity of the vials was assumed to be similar to liquid water.
2.2.

Ice Bank Storage

The ice bank storage was able to interact with the frame and the side wall. The model was built such
that both freezing and thawing of the ice could be simulated. Since the water is placed in a closed
and stable container some degree of subcooling of the liquid is experienced prior to freezing and the
water will be at a metastable state until it reaches the freezing point. For the simulations the freezing
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point temperature was a user input, based on experiences from experimental tests. The properties
of the subcooled water were considered similar to non-sub-cooled liquid water. When reaching the

Figure 2: Temperatures and energy levels in the ice-storage during freezing and thawing

freezing point temperature, part of the ice would freeze rapidly and the temperature would instantly
increase to 0 °C. Figure 2 sketches the assumed temperature course during freezing and thawing.
A reference temperature was defined at -15 °C. This reference temperature was used for calculating
reference levels of internal energy of the ice:
𝐸𝐸reference = 𝑀𝑀ice ∙ 𝑢𝑢(𝑇𝑇reference , 𝑝𝑝)

Eq. (1)

𝐸𝐸2 = 𝐸𝐸1 + 𝑀𝑀ice ∙ ∆ℎ𝑓𝑓𝑓𝑓

Eq. (3)

𝐸𝐸1 = 𝐸𝐸reference + 𝑀𝑀ice ∙ 𝑐𝑐ice ∙ (𝑇𝑇melt − 𝑇𝑇reference )
𝐸𝐸3 = 𝐸𝐸2 − 𝑀𝑀ice ∙ 𝑐𝑐water ∙ (𝑇𝑇melt − 𝑇𝑇freeze )

Eq. (2)

Eq. (4)

By comparing the changes in internal energy of the ice calculated from the dynamic energy balance
to the energy levels, E1, E2 and E3 the current temperature and ice fraction was calculated. The
melting point temperature, Tmelt, was set to 0 °C, while the freezing point temperature, Tfreeze, was set
to -6 °C.
2.3.

Calibration

As a first step a calibration of the model was carried out. The parameters fixed in the calibration
were:
• The UA-value representing the losses through thermal bridges in the cabinet
• The convective heat transfer coefficient on the inside of and outside of the cabinet
It was assumed that the heat transfer coefficient on the outside of the cabinet was equal to the heat
transfer coefficient on the inside of the cabinet, and also the heat transfer coefficient between the
product and the air was assumed equal to the heat transfer coefficient between the inside wall and
the air. For the calibration the simulated results were compared to test results from autonomy time
measurements of three different test setups using the considered vaccine cooler cabinet. Apart from
the autonomy time also the steady state temperature was used as a target parameter. The steady
state temperature denotes the temperature of the air, when the entire system is in a steady state
condition during phase change in the ice-storage.
One of the tests was carried out according to the WHO performance quality and safety (PQS)
standard at hot zone conditions, i.e. an ambient temperature, Tamb = 43 °C (WHO, 2010). According
to the test standard, 1/5 of the nominal cabinet volume should be filled with water packages, each
package containing 0.4 kg of water, which corresponded to 4.4 kg for the considered cabinet. For
the simulations a single volume of water was assumed. The second test was carried out by the
Danish Technological Institute (DTI), at temperate zone conditions i.e. Tamb = 32 °C. In this test the
hold-over time was measured instead of the autonomy time. This meant that the measurement was
carried out until the vaccines reached a temperature of 12 °C in stead of 8 °C, which was the case
for the two other tests. The product inside the cooler cabinet was one test package Tylose gel of 0.5
kg. The last test was carried out at DTU. In this test the ambient conditions were not controlled, and
the average ambient temperature in the lab during measurements was 22.1 °C. In this test the
cabinet was empty during measurements and the time was stopped when the air inside the cabinet
reached 8 °C.
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2.4.

Simulated Cases

A baseline model was established using geometrical data from the considered vaccine cooler cabinet
and values of the convective heat transfer coefficient and UA-value representing the thermal bridges
obtained from the calibration procedure. Taking this baseline model as a reference, the following
parameters were varied in order to investigate their impact on the autonomy time and steady state
temperature:
• The height of the ice bank. In this case the mass of ice was kept constant, while the thickness
of the ice bank was changed as a function of the height.
• The mass of the ice. The thickness of the ice storage was held constant while the height was
changed to give room for extra mass.
• The thickness of the PU insulation. For this case the inner dimensions of the cabinet were
held constant while extra insulation was added on all walls.
• The UA-value of the thermal bridges.

3. RESULTS
3.1.

Model Calibration

By running the model with different combinations of the convective heat transfer coefficient and the
overall heat transfer coefficient representing the thermal bridges, the best combination of parameter
values was found using the values stated in Table 1.
Table 1. Values of calibrated parameters

Convective heat transfer coefficient, W m-2 K-1
UA-value of thermal bridges, W K-1

7
0.26

Using the baseline model including the values presented in Table 1 and input parameters for ambient
conditions corresponding to the three different measurement environments, simulated autonomy
times were found as seen in Table 2. The simulated autonomy times corresponded well with the
measurements, showing discrepancies of less than 3 %. Apart from the autonomy time also the
steady state temperatures are shown in Table 2. As seen the steady state temperature during
simulations corresponded very well with the measured temperatures.
Table 2. Comparison of autonomy time and steady state temperature of the air
for measurements and simulations with the calibrated model

WHO
DTI
DTU
WHO
DTI
DTU

Measured
h
72.4
111.3
156.4
Measured
°C
5.8
4.3
3.0

Simulated
h
74.5
111.6
154.3
Simulated
°C
5.8
4.2
2.9

Deviation
h
2.1
0.3
2.7
Deviation
°C
0.0
0.1
0.1
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%
2.9
0.3
1.7
n/a
n/a
n/a
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3.2.

Extending Autonomy Time

In Fig. 3 (left) the autonomy time and steady state temperature of the air inside the cabinet is shown
as a function of the ice bank height for two different ambient temperatures. The mass of ice was kept
constant in this case, which meant that the ice bank thickness was decreasing with added height. As
seen the autonomy time decreases slightly with increasing height for both 32 °C and 43 °C ambient
temperature. At the same time the steady state temperature was found to decrease. By increasing
the ice bank height also the area between air and frame is increased, which results in an increased
convective heat transfer from this surface, and the air temperature thus decreases. The lower air
temperature inside the cabinet then results in larger heat losses through the outer walls which causes
the decrease in autonomy time. At an ambient temperature of 32 °C the steady state temperature of
the air got below the lower limit 2 °C when increasing the ice bank height by 18 cm. Fig. 3 (right)
shows the autonomy time and steady state temperature as a function of the ice bank mass. In this
case the height of the ice bank was also increased while the thickness was kept constant. In this

Figure 3: Autonomy time and steady state temperature as a function of additional ice bank height
(left) and additional ice bank mass (right) compared to the baseline model

case the autonomy time increases significantly with added mass of the ice. This trend was expected
as added mass in the ice bank means a larger storage capacity. Adding 10 kg of ice to the storage
of the reference model resulted in around 80 % increase in autonomy time for both ambient
temperatures. The steady state temperatures show a similar decrease as for the case where height
is increased with constant the ice bank mass, however, staying within the limits, above 2 °C.
Fig. 4 (left) shows the autonomy time and steady state temperature as a function of added PUinsulation in all outer cabinet walls. As seen the autonomy time increases slightly with increasing

Figure 4: Autonomy time and steady state temperature as a function of additional PUinsulation in the cabinet walls (left) compared to the baseline model and as a function of the
UA-value of the thermal bridges (right)
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insulation thickness. Increasing the insulation thickness of the outer walls reduces the convective
heat loss through the walls, which leads the increase in autonomy time. Adding extra 5 cm to the
insulation of the outer walls increases the autonomy time by 10 to 20 % depending on the ambient
temperature. The steady state temperature is mainly governed by the insulation thickness between
the ice storage and the vaccine chamber, and therefore only changing less than 1 °C, when adding
5 cm to the insulation thickness of the outer walls.
In Fig. 4 (right) the UA-value of the thermal bridges was varied between 0 WK-1, meaning no losses
due to thermal bridges, up to 0.26 WK-1, which was the value found from the calibration of the
baseline model. For a cabinet without thermal bridges autonomy times of 190 h and 140 h were
obtained for ambient temperatures of 32 °C and 43 °C, respectively. Removing all thermal bridges
thus has almost the same impact on the autonomy time as adding 10 kg of ice to the ice to the ice
storage. Also the steady state temperatures are significantly influenced by the thermal bridges. At
an ambient temperature of 43 °C the steady state temperature decreases from 5.8 °C to 2.9 °C when
removing the thermal bridges, and at an ambient temperature of 32 °C the steady state temperature
decreases from 4.2 °C to 2.0 °C, which is at the limit of the acceptable air temperature inside the
cabinet.
For the solar powered vaccine cooler a longer autonomy time means a less vulnerable system in
periods with low solar radiation. For extending the autonomy time, the results presented in Figure 3
and Fig. 4 suggest that focus is put on increasing the mass of the ice storage and reducing the
thermal bridges of the cabinet.

4. DISCUSSION
The model showed good agreement with measured values of the autonomy time, when using the
calibrated values of the heat transfer coefficient and UA-value of the thermal bridges. Considering
the UA-value of the thermal bridges the results showed that both the autonomy time and the steady
state temperature were quite sensitive to the chosen value. A more thorough analysis of the thermal
bridges therefore seems relevant for future work. Considering the convective heat transfer
coefficient, the same value was used for calculating the heat transfer on the inside wall, the outside
wall and between the product and the air. Due to different geometries, air flow conditions and different
temperature levels it is expected that the heat transfer coefficients would not be equal in reality. A
refinement of the convective heat transfer coefficients could possibly lead to a more realistic model,
however this would also increase the number of parameters to be calibrated.
For the air, ice and product control volumes it was assumed that the lumped capacitance method
could be applied. In reality temperature gradients are expected in all three control volumes. A
sensitivity analysis calculating the Biot number for different combinations of convective heat transfer
coefficients and ice storage thicknesses relevant in this study, showed that the Biot numbers were
close to 0.1, which is usually seen the limit of the validity of the lumped capacitance method.
Furthermore, as soon as the ice starts to melt and the ice storage is filled with an increasing amount
of liquid water natural convection will occur inside the ice storage, which is not accounted for in the
current model. Natural convection on the water side will decrease the resistance and might thus
decrease the expected autonomy time.

5. CONCLUSIONS
A dynamic model of an ice-lined vaccine cooler cabinet was used to investigate the autonomy time
and the steady state temperature of the air during phase change of the ice. A baseline model
representing an existing cabinet was calibrated against experimental results from three different
measurement setups. The calibrated baseline model showed a good agreement with the
measurements. It was investigated how different parameters related to the cooler cabinet and ice
storage affected the autonomy time, while making sure that the steady state temperature stayed in
an the acceptable range between 2 °C and 8°C. The results showed that the mass of ice in the
storage was the most promising parameter to consider for prolonging the autonomy time.
Furthermore, it was shown that a reduction of the thermal bridges in the cabinet also is of great
importance.
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NOMENCLATURE
c
E
M

Specific heat (J kg-1 K-1)
Internal energy level (J)
mass (kg)

p
T
u

pressure (kPa)
temperature (K)
Specific internal energy (J/kg)
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ABSTRACT
For many years, photovoltaic power has been used in areas without grid electricity for vaccine
refrigerators with a lead-acid battery to store electric energy and to provide the start current for the
compressor. The problem with this technology is that the lifetime of the battery is short due to deep
discharging of the battery during periods with low irradiance and high ambient temperature.
The development of solar “direct drive” refrigerators started in 1999 at Danish Technological
Institute (DTI).
It was demonstrated that the energy density of ice produced by a compressor is at the same
magnitude as the lead-acid battery. As of to date (January 2019), 40 direct drive vaccine coolers
from eight different manufacturers are listed on the website of the World Health Organization
(WHO), with the technology being one of the fastest growing technologies in the vaccine cold
chain.
This paper describes the status and new development and discusses how the technology can be
used for other purposes in the future. The paper also discuss how remote monitoring can help to
prevent destruction of vaccines by early warning and automatic call for service.
Keywords: Photovoltaic, Direct drive, Vaccine coolers, Natural refrigerant, Isobutane, Remote
monitoring.

1. INTRODUCTION
Health organizations have developed a cold chain system with health centres in regions without
grid electricity, and correct storage of vaccines has been a challenge for them. Many vaccines
must be kept at temperatures between +2 °C and +8 °C. Some deviations in the upper end can be
allowed but freezing would immediately destroy the vaccines resulting in the loss of potency.
The vaccines used in immunization programmes are stored in a dedicated special vaccine cooler
approved and prequalified by the World Health Organization (WHO) and listed in the
“Performance, Quality and Safety” (PQS). New and traditional vaccines used in country
immunization programmes are expensive and often much more expensive than the refrigerators
themselves in the long run.
Since the early 1980s, photovoltaic power has been used for such refrigerators with a lead-acid
battery to store power and provide start and operating current to the compressor. The problems
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with this solution are the relatively high cost and the limited lifetime of the battery due to high
ambient temperatures and deep discharging of the battery during periods with little sun as well as
the lack of timely planning for the replacement of the batteries.
Therefore (and because of lower investment costs), gas and kerosene powered absorption
refrigerators have been standard in the remote setting health facilities until recently. Absorption
refrigerators need a constant fuel supply, and they are, therefore, expensive to run over its lifetime.
Moreover, the temperature control is often poor, which results in expensive vaccines being
destroyed.
The above challenges formed the background for developing and testing solar “direct drive” (DD)
refrigerators, where the energy is stored in ice instead of a battery and thereby eliminating the
practical and financial difficulties with battery replacement.
The development of solar “direct drive” refrigeration started in 1999 at Danish Technological
Institute (DTI). Here, a prototype was produced with funding from the Danish Energy Agency. A
normal DC compressor (with high start current) was used and a big capacitor helped to start the
compressor. It was demonstrated that the energy content in ice produced by this compressor was
higher than the energy content in a lead-acid battery, in terms of both volume and weight.
(Pedersen and Katic, 2016).
Contact was established to international organizations, and after a meeting in Frankfurt the
“SolarChill Partnership” was established with United Nations International Children's Emergency
Fund (UNICEF), WHO, United Nation Environmental Program (UNEP), Deutcshe gesellschaft für
Internationale Zusammenarbeit (GIZ), Program for Appropriate Technology in Health (PATH),
Greenpeace International and the Danish Technological Institute (DTI) as partners. The goal was
to develop and implement PV-powered vaccine refrigerators without batteries but using natural
refrigerants. (Pedersen and Maté, 2007).
At the same time, a compressor manufacturer developed a DC-compressor for R600a and with
“soft start”, which made it possible to wire the compressor directly to the PV-panels (DD – direct
drive). In 2004, with additional field tests carried out in three countries (Indonesia, Senegal and
Cuba), the results were so promising that the partners chose to continue the further development
of the solar direct drive refrigerator to pre-qualify the product for WHO PQS standards for safe
storage of vaccines. (Pedersen and Maté, 2010).

2. CURRENT STATUS
This section describes the current status for vaccine coolers for health stations in rural areas in
developing countries.
2.1.

Ice storage versus batteries

Relief organizations want to avoid lead batteries as the main source of energy to keep the vaccines
cold during night-time and periods with little solar power. Previous experience has shown that
additional costs are related to the batteries in that high ambient temperatures and frequent deep
discharging result in a fast degradation and short life cycle of the batteries. This by itself is one key
reason why the solar battery powered refrigerators have often been more expensive than kerosene
or LPG-powered absorption refrigerators.
In the SolarChill project, ice bank “batteries” have been developed as an alternative source of
energy storage. In (Pedersen and Katic, 2016) there is an analysis and comparison between the
energy storage in a typical lead battery and in ice.
The conclusion is that the cooling energy capacity of ice storage is in the same order of magnitude
as that of a traditional lead battery on volumetric and mass basis. The cooling energy capacity of
ice storage is approx. 123 % higher (for the ice storage) on weight basis and approx. 21 % higher
on volume basis.
Commercialization of long-life lithium based batteries with high energy density might change the
role of battery storage in solar refrigeration. However, the ice storage in SolarChill is the simplest
and most cost-efficient solution so far. A disadvantage when using ice storage is that the ice has to
be stored inside the insulation of the cabinet. Thus, the net volume inside the refrigerator will be
smaller.
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2.2.

Compressor for “Direct-Drive” (DD)

There are only very few PV direct drive compressors available on the market today. The most
common model is the BD-35K. The compressor manufacturer also developed a new integrated
electronic control for the compressor, which ensures that the photovoltaic panels can be connected
directly to the compressor without external control. The electronic control also ensures a “soft
start”, which is important when no battery is used.
The electronic control is equipped with an adaptive speed control (Adaptive Energy Optimizer –
AEO). By using this control, the compressor will stepwise speed up from low speed to maximum
speed in steps of approx. 12.5 RPM/min. If the photovoltaic panels cannot provide enough power,
the compressor will stop and after a short while it will try to start again. The compressor will try to
start every minute, and once the power from the panels is enough, the compressor will start at a
lower speed. The first start in the morning is at approx. 2500 RPM. After a thermostat cut-out, the
compressor will start up at the latest speed minus 400 RPM. The speed range is from 2000 to
3500 RPM.
The controller accepts a voltage between 10 and 45 V. The voltage from photovoltaic panels can
vary, and a wide voltage range is an important and crucial feature for solar powered refrigerators
and freezers. When using 12 V modules, the starting current of the compressor is less than 3 A;
typically, there will be enough power a few hours after sunrise. The compressor runs continuously
at about 3 A at lower speed. Using a standard compressor control, the start current would be much
higher, which requires much bigger PV-panels or the use of a big capacitor to help start the
compressor.
In the prototypes (chest and upright), the expansion device is a capillary tube with a heat exchange
to the suction line. In the chest type cabinets, integrated skin condensers are used as in most
chest freezers.
The evaporator in the vaccine chest refrigerator is a wire-on-tube-type placed in the ice storage as
shown in figure 1a. The evaporator in the upright-type is a box-type roll bond-aluminium evaporator
as known from old refrigerators with a small freezer compartment.

1 – Cabinet
2 – Vaccine compartment
3 – Skin condenser
4 – Lid
5 – Internal wall, insulated
6 – Ice storage (26 „ice packs“, 600 ml)
7 – Evaporator, wire on tube
8 – Compressor.
Figure 1a: Figure with basic principles for
the first prototype vaccine cooler.

Figure 1b: Photo of a DD solar
compressor. The integrated solar
electronic control is placed on the lefthand side of the compressor.
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2.3.

Field test experience and commercialization

DTI has been running an extensive field test program, where the performance of the first series of
solar DD appliances was documented in terms of practical use in health clinics.
Pedersen and Maté (2007) explain how the field test of this vaccine cooler took place in Indonesia,
Senegal and Cuba using 180 W photovoltaic panels (3*60 W peak). Moreover, the tests show the
hold-over time of about five days without any energy available. The field test lasted about one year
and the ice banks were never completely melted, except when the connections to the PV-panels
were disconnected intentionally. However, the vaccine temperature was not always within the
preferable range of 2-8 °C in connection with this early prototype.
Vaccine specialists have developed new criteria for DD vaccine coolers. This work was done in
cooperation with the partners of the SolarChill partnership and other technical experts.
The first generation of the WHO PQS (Performance Quality Safety) criteria for DD vaccine
refrigerators was introduced in 2010, and the first test for WHO approval was conducted at DTI in
2010.
The WHO PQS prequalification is a condition in most tenders for the procurement of cold chain
equipment for organizations that procure cold chain equipment used for storage of vaccines. This
ensures the quality of vaccines stored in these products as safe for use in immunization
programmes.
Currently there is a new field test going on with a selection of WHO approved DD vaccine coolers
in a GEF (Global Environmental Facility) project.
2.4.

Two main types of DD vaccine refrigerators

The WHO website holds an increasing number of approved DD vaccine coolers. In January 2019,
it contained 40 units from eight different manufacturers. 37 of the units use the natural refrigerant
isobutane (R600a). Three of the units use a HFC-refrigerant (R134a).
Today, there are two main types of DD vaccine coolers on the market.
The first type is the ice-pack type, where the ice storage (and/or PCM-materials) is built into the
walls of the cabinet or in a special compartment close to the evaporator. This type of DD vaccine
cooler is often based on a chest type cabinet. Such types of cabinets are relatively cheap to
manufacture, but precise temperature control may be a challenge.
This (or a very similar) technology is applied in 34 of the 40 DD vaccine coolers on the WHO list in
January 2019.

Figure 2: Ice pack type of DD vaccine cooler.

The other main type of vaccine refrigerator is the tank type using a mixture of ice and water
surrounding the vaccine chamber. Water has the highest density at about +4 °C and with a top-
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mounted ice storage. This ensures that water in the bottom of the tank and in thermal contact with
the vaccine storage is about +4 °C, which is ideal for storage of vaccines, and it eliminates the risk
of freezing.
The DD vaccine refrigerators using this technology ensure a very stable temperature and a long
hold-over time, but they can be more expensive to manufacture if the special tank is manufactured
in smaller quantities.
This technology is applied in six of the 40 DD vaccine coolers on the WHO list in January 2019.

Figure 3: Tank type DD vaccine cooler.

3. FUTURE PERSPECTIVES
The existing refrigeration technology in solar direct drive vaccine coolers is about 17 years old.
Therefore, a new R&D project has been started involving the Technical University of Denmark, a
compressor manufacturer, a manufacturer of vaccine coolers and Danish Technological Institute,
who is the project manager. The Danish Energy Agency is funding the project.
The project started in 2017 and the aim is to develop:
•
Concept for a new compressor
•
Concept for a new cabinet, new ice storage and remote monitoring.
The compressor will be more energy efficient compared to the present DD compressors. The
results from the first prototype, named BDS5.0K tested in lab, primo 2019 shows to fulfil this goal.
In addition to this, the variable speed compressor is supposed to have higher cooling capacity and
a broader span in capacity. This will give possibilities to use this compressor for bigger cabinets
and for new applications in addition to the present use of this type of compressor.
Furthermore, efforts are made to develop a more efficient control strategy (Jensen, Moeller, Katic,
Pedersen and Markussen, 2019).
DTI hosted a meeting with the WHO PQS working group in November 2018. In a discussion about
future generation of direct drive compressors for vaccine coolers it was the impression that the
group wants to avoid dependence on batteries for energy storage – also in the future.
The future cabinet is supposed to have a longer “hold-over time”, which can be met by using bigger
ice storage and/or better insulation. The future vaccine coolers are supposed to be remote
monitored to ensure safe storage of vaccines and early warning if something goes wrong.
According to the WHO PQS working group, high relative humidity and even presence of water
inside the vaccine compartment is a problem. In some coolers creation of mould has taken place.
Thus, the next generation of vaccine coolers are supposed to solve this problem.
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3.1.

Remote monitoring

Refrigerators used for vaccine storage need to be extremely robust and must be able to keep the
temperature withing the limits specified by WHO. A spoiled load of vaccine costs thousands of
dollars, and manufacturers and users are therefore looking for methods to send early warnings in
case of malfunction. In the past, monitoring had to be based on manual readings and download of
data, but today IoT technologies are available from many providers of monitoring systems and are
already used by some appliance manufacturers. DTI has investigated a range of systems using
GSM mobile network for data transmission in connection with a large field test project (SolarChill)
for solar direct drive refrigerators.
Ideally, the data acquisition system should have the following characteristics:
- Robust and reliable automatic data acquisition not relying on grid connection or internet
- Easy download of data, preferably automatic transmission
- Not too expensive and simple to install and operate.
In the SolarChill project, the following values are being monitored:
Table 1: List of data monitored by the advanced datalogger and the simple datalogger
in the ongoing SolarChill project.

Advanced data logger
Solar irradiance in plane of array
Ambient temperature
Internal temperatures (4)
Relative humidity
Current
Voltage
Open/close events

Basic data logger

Ambient temperature
Internal temperatures (4)

Both data loggers are uploading data with a user defined frequency to the manufacturer’s server.
The user can see and download data from a web portal, and alarms can be sent automatically by
email.
Because the project is about solar powered refrigeration in remote areas, there is no grid power
nor regular internet connection available at the installation sites. Therefore, mobile network or
satellite communication are the only options for daily long distance access to the measurement
systems.
For short distance, there are several other wireless technologies available, they may be used for
internal communication between sensors and a GSM base station, also called Remote Terminal
Unit (RTU) or cellular gateway.

Figure 4: Example of field test data (from four different sites). This figure represents four different
models of vaccine coolers in the ongoing SolarChill project. Every type of refrigerator has its own
temperature “fingerprint” that may be useful in preventive maintenance .
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There are several remote monitoring systems in the market that can be used for temperature
monitoring alone. These are either single channel devices (some disposable) or multichannel with
replaceable battery power supply. For collection of other data, like solar irradiance and voltage,
there are not as many options. These systems are mostly configured with a central GSM gateway
or base station that can be connected with or without wire to a range of different sensors. The
gateways usually have a considerably higher energy consumption than the integrated sensor
systems and needs external power supply for long term operation (Option for PV panel). Some are
always connected to the GSM network for near-Realtime monitoring, others are only calling and
updating hourly or daily.
Internal power supply of the DAQ system may be provided by either:
• Dry cell batteries (single use)
• Rechargeable batteries (To be occasionally charged from grid or a vehicle)
• PV power from the systems under measurement (Parasitic power)
• Separate PV supply.
The software for cloud based data collection and monitoring is mostly offered as a subscription
service per month or per year for each connected device. It could therefore add up to a
considerable amount. Most software is proprietary and can only be used with the company’s own
data loggers.
There is also software paid with a onetime license per user/PC and this could be a cheaper
solution in the long term.
3.2.

Vaccine coolers - future perspectives

Since the first solar DD refrigerator project in 1999, the cost of PV modules have dropped from
about 4 USD/W to 0.4 USD/W or a factor of 10. In the same period, the unit size of a typical panel
has increased from less than 100 W to about 300 W nominal power. This means that the same
SolarChill refrigerator can now be run with a single PV panel instead of 2-3 panels, translating to
simpler mechanical support and circuitry with the invention of plug and play MC connectors. In
comparative terms, the retail cost of a single panel of 150 W, which provides enough energy for
these products in most tropical climates, would typically be 500 USD, which is about the same cost
as a set of high quality batteries. With even cheaper PV modules foreseeable in the future, new
refrigerators will not have to focus that much on energy efficiency, but rather on the overall system
costs and performance.
The interaction between the PV panel and the compressor can be further improved. Instead of the
current “trial and error” method for adjustment of the compressor speed, it would be better if a
maximum power point tracker could continuously adjust the compressor speed.
3.3.

Other applications - DD coolers for food and drinks

Besides the need for vaccine storage refrigerators, there is a huge need for cooling of food and
drinks in regions without a grid. There are only few battery-free coolers available on the market so
far, and it is difficult to bring the costs down to a level that is comparable with the conventional
household appliances. The power demand for such appliances is much higher than for vaccine
refrigerators, and the current DD compressors are not always sufficient. It would be interesting if
new and bigger devices could be developed for this market. As an alternative solution, the current
models may be used in parallel-configuration.
On an even larger scale, there is a growing interest to use the solar DD technology for commercial
cooling demands such as milk cooling, ice production for the fishing industry, cold stores etc. For
such applications, it might be better to include a (small) battery bank, so that the PV power can be
used for light and other secondary power needs as well.

4. CONCLUSIONS
The SolarChill field test has shown that DD solar cooling is indeed a robust and reliable technology
that is particularly suited for cooling in the most remote areas of the world where there are no
access to electricity. The uptake of this concept by more and more manufacturers confirms that the
idea of directly driven cooling is viable within the medical healthcare market, where reliability is
essential. The WHO PQS web-site contains 40 different products of DD vaccine coolers, whereof
36 products are using natural refrigerant (R600a).
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For other markets there are still some way to go, mainly because there are only very few DD
compressors available, and they are too small for many generic cooling applications.
The future of the DD technology depends on the will of the manufacturer to develop cost-effective
and more powerful compressors as well as further optimization of the electronic controller. If they
succeed in this, a new range of applications in the commercial and household sector could open
up.
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ABSTRACT
According to IPCC/TEAP the annual refrigerant leaks from commercial refrigeration units related to
the total charge are between 15 and 20 % in Europe and ~30 % outside Europe. Phasing out the
current H(C)FC systems in the near future with energy efficient systems applying natural working
fluids would result in a significant reduction of the environmental impact of commercial refrigeration.
Currently the main barrier for introducing low-GWP alternatives, especially carbon dioxide (CO2 /
R744) in the supermarket sector outside of Europe, is the lack of knowledge and experience that
these systems actually can perform even better than state of the art HFC technology. Another barrier
is the limited availability of equipment in these regions.
Through a CCAC-funded project, implemented by UNIDO, the first transcritical CO2 unit is
implemented in so-called HAT (high ambient temperature) country. The supermarket is located in
the capital city of Jordan, Amman. Commissioning of the unit took place in early 2018. The unit is
equipped with a data acquisition system.
The work will briefly describe the different parts of the CO2 unit and the display cabinets. Initial
measurement results and performance analysis indicate a significant improvement of the energy
efficiency, compared to the previous R22 units.
Keywords: CO2 Transcritical, Ejector, HAT, Commercial Refrigeration.

1. INTRODUCTION
In 1850 carbon dioxide (CO2, R744) was first described in a patent registration as a potential
refrigerant from Alexander C. Twining. Until 1940, CO2 and Ammonia (NH3, R717) have been the
only refrigerants applied in industrial refrigeration systems. By that time, the CO2 systems faced
challenges related to leakages and a shift of compressor technology. In addition, there was an
offensive marketing from the chemical industry for their newly developed, synthetic CFC refrigerants
(e.g. R12) in the 1930's. CO2 refrigeration technology disappeared from the market. In the 1980's,
CO2 was rediscovered as a potential working fluid by the team of Gustav Lorentzen in Norway. Their
initial development focused on mobile AC-systems for the automotive industry (Lorentzen &
Pettersen, 1993), as these sector has high refrigerant leakage rates and hot water heat pumps, as
CO2 is exceptional energy efficient when applied in high temperature lift heat pumps.
The EU F-gas regulation (Commission, 2014) is in favour for modern CO2 refrigerant technology as
an viable alternative to replace refrigerants with a high Global Warming Potential (GWP). The
European phasedown and the global effort as a result of the Kigali amendment of the Montreal
Protocol aims for a significant reduction of the carbon dioxide equivalent emission from the
refrigeration sector. This forces the market to replace the refrigerants with high GWP i.e. HFC-404A
in Europe and HCFC-22 on global perspective. The annual leakage rate within the European
Supermarket sector is estimated to be between 15% and 20% for HFC-404A units and around 30%
for HCFC-22 units elsewhere (Hafner et al., 2014).
Carbon dioxide as a refrigerant (R744) is a safe, non-toxic, non-flammable, inexpensive working
fluid. It is globally available and offers advantageous thermo-physical properties (Kim, Pettersen, &
Bullard, 2004). This encouraged food retailers and industrial end- users all over the world to explore
different solutions with this ultra-low GWP refrigerant permanently replacing HFC- based systems.
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A common trend within the retail sector is to apply all CO2 solutions whenever local contractors are
able to provide the installation and service.
Transcritical CO2 refrigeration systems have become a standard solution in northern parts of Europe.
Related to energy demand and environmental impact, a conventional CO2 booster system
outperforms solutions based on “man-made” refrigerants at outdoor temperatures up to about 25 °C
(Sawalha et al., 2017) and (Finckh et al., 2011). However, the low critical temperature of CO2 (31.1
°C) the system layout has to be adapted to enable an energy efficient operation in all seasons in
high ambient temperature (HAT) countries. Just to apply a north European CO2 booster system
would result in lower energy efficiencies compared to HFC- based units (Sawalha, 2008). This
resulted in the creation of the concept of the “CO2 equator” (Matthiesen et al., 2010). It refers to an
imaginary geographical limit splitting Europe into the Northern region, where basic transcritical R744
booster refrigeration systems are more energy efficient on an annual comparison towards traditional
HFC units. Moving or eliminating this ‘equator’ is possible with innovative CO2 supermarket
refrigeration systems as described in this work. As an example, when implementing parallel
compression, “CO2 only” units were finally able to perform similarly or slightly more energy efficient
than HFC-based systems (Gullo and Cortella, 2016; Gullo et al., 2016; Purohit et al., 2017). To push
the “CO2 equator further south, the multi-ejector concept was introduced” (Hafner et al., 2014). This
concept development utilises the two-phase ejector for expansion work recovery and enables a
permanent non-superheat operation of the evaporators. With all technologies combined (parallel
compression, expansion work recovery through two phase ejectors and evaporator operation without
superheat) in one unit, energy savings of 23 % compared to a conventional “CO2 only” unit in the
South of Italy, could be achieved (Minetto et al., 2014).
Demonstration of the ejector supported parallel compression CO2 booster systems in new regions
in the world is essential to achieve the global climate targets. These units are the ambassadors for
modern refrigeration technology and can act as active training sites to enable knowledge and
technology transfer.

2. SYSTEM DESCRIPTION
The Supermarket is located in the capital city of Jordan, Amman. It is the Middle East’s first
transcritical CO2 system in the food retail sector, commissioned in January 2018 at the Al-Salam
military supermarket. The refrigeration system is an ejector supported CO2 booster system with
parallel compression and direct expanding (DX) refrigerant at both temperature levels (medium
temperature [MT] = chilled food and low temperature [LT] = frozen food). To achieve a high energy
efficiency even at hot ambient temperatures in Amman, the system is equipped with state-of-the-art
features such as: parallel compressors (AUX, total installed suction volume flow rate: 7.73 m3/h),
flash gas by-pass valve, multi-ejector, de-superheater downstream of the low stage compressors
(LT; total installed suction volume flow rate: 16.59 m3∙h-1), non-superheated evaporators (MT and
LT). The MT compressors do have a total installed suction volume flow rate of: 25.88 m3∙h-1. Fig. 1
shows a simplified system circuit.
The following part describes the main components and their functions, starting from the lower right
hand side of Fig. 1. After heat rejection to the ambient, via the de-superheater, the discharge gas
from the LT compressors merges with the vapour from the medium temperature liquid separator.
When reducing the temperature of the LT refrigerant part in this way the superheat of the merged
suction gas towards the three MT compressors is within an acceptable range. Elevated superheat
values could result in extreme discharge temperatures of the high pressure stage reducing the live
time of the parts exposed to these temperatures at corresponding high pressure values. Heat
recovery is a very attractive option for CO2 units, therefore, the high temperature heat of the system
is utilised downstream of the high pressure compressors for heating up domestic hot water. Due to
heat rejection with gliding temperatures in a transcritical mode, water can be heating up to 90 °C.
However, a gascooler rejects the remaining heat to the ambient air.
For transcritical CO2 systems, it is essential to achieve a low temperature difference at the outlet of
the gascooler (temperature approach), in this case after the heat rejection towards the ambient air.
The energy efficiency and performance of the CO2 system highly depends on the control of the
pressure level on the high side and the temperature approach. Stene (2005) and Kauf (1999)
visualized the importance of an optimum high pressure, since the coefficient of performance (COP)
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is directly influenced by the high pressure. A further reduction of the CO2 temperature upstream the
expansion device is achieved by an internal heat exchanger, transferring heat from the high side
pressure part towards the suction flow of the parallel compressors, thus securing the required super
heat.

Figure 1: Circuit of CO2 booster system operating in Amman, Jordan and picture of the applied
display cabinets

After the heat rejection, the multi-ejectors throttle the gas into the separator at intermediate pressure
level, while the traditional high pressure control valve is in stand-by mode for redundancy reasons.
The multi-ejectors recover parts of the expansion work, by pumping refrigerant from the MT liquid
separator to the intermediate pressure separator. Thereby, the high pressure refrigerant flow gets
accelerated in a motive nozzle, thus the static pressure at its outlet drops below the medium pressure
level and the refrigerant from the liquid separator is entrained and merged into the flow towards the
separator, as described by Elbel and Hrnjak (2008). This means that the MT compressors are partly
unloaded, i.e. load is moved from MT to the parallel compressors. The two-phase refrigerant
separates after throttling in the separator. Only the liquid refrigerant is further subcooled utilizing the
temperature difference between the liquid line and the exit of the LT evaporators. The subcooled
liquid is supplied directly towards all MT and LT evaporators. The higher the ambient temperature
the higher the amount of flash gas increases which occurs in the separator. The parallel compressor
suction group controls the pressure level in the separator. As long as there is enough vapour, as it
is the case at high ambient temperatures and when the ejectors are actively unload the MT
compressors, the parallel compressors are in operation. At lower ambient temperatures, the flash
gas bypass valves controls the pressure level by flashing the vapour towards the suction group of
the MT compressors. The advantages of directly compressing the flash gas is on one hand avoiding
throttling losses and “re- compression” with the MT compressors on the other hand the direct
compression is more energy efficient, since the pressure ratio of the parallel compressors is lower
compared the ratio of the MT-compressors. The largest share of the energy efficiency improvement
relates to the non-superheated operation of the evaporators. The separators downstream of the
evaporators protects the compressors from liquid slugs. If liquid passes through the evaporators,
either it is returned by the ejector in case of the MT part or it is utilised to sub-cool the liquid towards
the evaporators. The refrigerant feeding of the evaporators is not a function of the superheat rather
a function of the air temperature inside the cabinets. This enables to utilise the entire surfaces of the
evaporators for cooling the air rather than to provide superheat. This results in saturation
temperatures of -2 °C (MT) and -25 °C (LT) in the presented CO2 unit in Amman, compared to
temperature levels of -10 °C and -35 °C in traditional units.
The refrigerated food is displayed in refrigeration cabinets of the type Shobak, designed and
manufactured by Abdin in two different versions, each optimized for their use to guarantee optimum
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performance and high energy savings. Equipped with double glass doors (MT version) and triple
glass doors (LT version) with self-closing mechanism and the effective LED light. This kind of display
cabinets, as shown on the left hand side in Fig. 1 provide a high product visibility and simultaneously
reduce energy costs. Shobak is a full glass door refrigerated display cabinet for fresh pre-packed
and frozen food as well as suitable for ice. The internal base is made of one PVC skin platted
galvanized steel piece to prevent dirt tapping and is also inclined for easier cleaning and water
disposing. PVC transparent ticket holder allow fully adjusting the PVC coated shelves. CFC free
polyurethane foam insulates the body with of a thickness of 60 mm and a density of 38- 42 kg/m3.
The EC fan assisted cooling system, with electronic temperature & defrost control, and electronic
expansion valves (AKV) secures the even distribution of the temperature within the cabinet. The
cabinets can be multiplexed and are suitable for working temperatures of 2-4 °C (MT) and -18 to 20 °C (LT).

3. MEASURMENT AND EVALUATION METHODES
The CO2 refrigeration unit is equipped with a certain number of pressure transducers, temperature
sensors and energy meters.
3.1.

Pressure and Temperature Measurements

A pressure and temperature measurement is necessary to obtain the thermodynamic properties of
the refrigerant. In the described CO2 refrigeration system, one pressure sensor for each pressure
level is installed. To evaluate the performance of the different components (compressor,
evaporators, gas cooler, etc.) the temperatures before and after the component is measured. Thus,
the thermodynamic change of state can be documented. The data acquisition system records the
ambient temperature value directly and stores an hourly average value. Allowing a more precise
analysis of the system performance, the time steps for the ambient temperature values were
changed to a ten minutes average value from the 7.11.2018 on. If values between the hourly average
are required, a linear interpolation was applied.
3.2.

Electrical Power Consumption Measurement

The ideal electrical power consumption measurement would determine the power consumption for
every compressor suction group of the system separately on different measurement channels. With
the power consumption in each compressor unit, the mass flow of the refrigerant, which is needed
for the calculation of the cooling capacity and COP, can be estimated. Other components such as
cabinets, fans, pumps, etc. should be measured separately. Unfortunately, during the initial operation
period the separate electrical power consumption measurements for the supermarket in Amman
where not in operation. Therefore, only the total power consumption of the entire supermarket was
recorded in 2018. Since these separate energy meters are in operation now further studies will utilise
and disseminate these results.
3.3.

Data Acquisition

For data acquisition during the project, a web-based software is used. The supermarket transfer the
data towards powerfocus provided by Danfoss as data acquisition software. Powerfocus stores
measurement data in a database (cloud) accessible via web access at any time. The required data
sets can simply be downloaded and exported into spreadsheet programs. The data stored within the
powerfocus system are having a 10 minutes average time step.

4. SYSTEM PERFORMANCE ANALYSIS
In order to evaluate the systems performance, the key performance indicators of the system are
compared in Fig. 2 and Fig. 3. The key performance indicators are: pressure levels versus ambient
temperature (A), air- and evaporation temperature in the MT (B) and LT (D) cabinets and the
corresponding MT (C) and LT (E) compressor operation (running) capacity. The investigated period
is one day. Fig. 2 shows the performance of a hot summer day, while Fig. 3 shows a medium to low
temperature day in winter.
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LT compressors

E

Figure 2: Key performance indicator overview of the 30.09.2018

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3480

A
High pressure

Ambient temperature
Intermediate pressure

Medium pressure
Low pressure

B
MT cabinet no. 8
MT cabinet no. 1

Evaporation temperature

C
MT compressors

AUX compressors

D

LT cabinet no. 1
LT cabinet no. 8

Evaporation temperature
LT compressors

E

Figure 3: Key performance indicator overview of the 01.12.2018
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The main difference between the operation at high ambient temperatures in summer and the low
ambient temperatures in winter is the high pressure level and the demand for parallel compression.
When comparing Fig. 2A with Fig. 3A, one can see that in summer the system operates in a socalled transcritical mode, since the high side pressure is above the critical pressure of CO2 (p > 73.8
bar, t > 31.1 °C). During operation in the cold season the pressure level on the high side is at subcritical pressure (around 60 bar) as a traditional refrigeration system with a condenser.
The high pressure correlates with rising ambient temperatures in summer to achieve a low
temperature approach downstream of the gas cooler, while the other pressure levels remain at
constant pressures all year to realize the required temperatures inside the evaporators / cabinets.
With higher ambient temperatures and thus, higher gas cooler pressures levels, the amount of flash
gas increases after the expansion from the high pressure side (via the multi-ejector) to the
intermediate pressure. Therefore, the capacity of the parallel compressors is increasing to compress
the flash gas and the vapour transferred by the ejectors from the MT pressure level, toward the high
side pressure. Part (C) of Figure 2&3 shows the parallel compressor capacity together with the MT
compressor capacity. The shutdown of the parallel compressors at 30 Nov2018 12:00 shows the
operation with an active flash gas by- pass valve controlling the pressure level in the separator. It
resulted in slightly higher intermediate pressure, since the pressure is regulated either by the flash
gas by- pass valve or by the parallel compressors. At the same time the required MT compressor
capacity rises, due to the expansion of the flash gas, i.e. the MT compressors transfers the entire
refrigerant flow rate to the high side pressure level, as in a traditional CO2 booster system.
The system achieves the desired temperatures in the cabinets at a steady state air temperature of
3 °C for MT and -17,5 °C for LT, both in summer Fig. 2 (B and D) and during the cold season, Fig. 3
(B and D). Since the LT and MT evaporator operates at temperatures below 0°C the evaporators
require some defrost. The defrost period is scheduled and executed once a day between 00:00 and
04:00. During the defrost period, the reduction of cooling demand results in a partly on/off operation
of the compressors.
In general, the capacity of the MT compressors allows for a further increase of the number of cabinets
in the future. Even at hot summer days, the system requests only 60 % of the compressor running
capacity, even when the parallel compressor is off. With the parallel compressors turned on, the MT
compressor capacity revolves around 20 to 30%. The MT compressor operation capacity is not
affected by the ambient temperature, due to more or less constant cooling demand, as can be seen
in part (C) of the Figs. 2 and 3. Excluding the defrost period, the LT compressors operate between
40 and 60% of the installed capacity. The individual defrost periods of the cabinets will be adapted
for the next investigation period; to investigate if continues operation of the compressors is possible
with the current number of cabinets.

5. SUMMARY AND CONCLUSION
The first transcritical CO2 booster system with ejector supported parallel compression installed in a
high ambient temperature country is in operation since January 2018.
The feedback from the end-user:
• First year operation without extraordinary maintenance visits, i.e. no failure in the system nor
the cabinets
• Zero food wastage due to stable temperature levels in the display cabinets
• Reduction of energy demand related to the refrigeration unit by more than 30% compared to
similar new HFC installations in the region
As shown in this example, training and knowledge transfer is the key for a successful and fast phase
in of CO2 refrigeration units globally. Relative high first costs to install integrated CO2 refrigeration
systems are still the main barrier to a fast phase in of this technology on a global scale, especially
when none of the local vendors has delivered such units before. The initial support by
CCAC/UNIDO/Jordan Ministry of Environment to enable the first CO2 based supermarket installation
in that region shows that such a technology transfer is possible regardless of the previous conditions.
Therefore, to continue this success, multilateral funds should support global education, training and
certification. It is very beneficial if these funds are able to establish programs covering additional first
costs with affordable loans (no interest rate), so that the end-users can return the loan during the
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operational phase, as the new energy efficient CO2 refrigeration system gives the end-users a
significant energy/cost saving.
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ABSTRACT
This paper presents the first results from field-testing a novel solar heat driven off-grid medical
refrigerator. The refrigerator is cooled by a miniature adsorption cycle, designed to run without any
electricity. It is powered by hot water heated by a standard solar thermal collector, in contrast to
other solar off-grid adsorption refrigerators. Water is used as the refrigerant.
Firstly, the configuration of the Coolar adsorption refrigerator is introduced and then results from
the first autonomous test are discussed, followed by an outlook on future steps.
The refrigerator compartment temperature needs to stay within 2 to 8 °C at ambient temperatures
of up to 32°C to satisfy the World Health Organization’s (WHO) requirements for off-grid vaccine
refrigerators in temperate climates. This goal has not been fully achieved. However, easy to
implement measures for improvement were identified and will be conducted to ensure sufficient
performance of new prototypes ahead of the subsequent field tests.
Keywords: Adsorption Cooling, Vaccine Storage, Global South, Solar Thermal, Off-Grid.

1. INTRODUCTION
Close to one billion people worldwide have no access to electricity (IEA, 2018) and many more
have no reliable access. For many of these people a sufficient medical care is not guaranteed
since many medicines require cooling and this is largely realized with electricity driven
refrigerators. The case of vaccines is especially severe because they mostly have to be stored
between 2 and 8°C and they are highly needed for the immunization of children. According to
Ozawa et al. (2016), every dollar invested in effective child vaccination in a low- or middle-income
country yields $16 of economic benefit through prevention of diseases. The impact even reaches
up to $44, if the increased productivity and the generally improved state of health are considered
(Ozawa et al., 2016). However, in 2014 98% of the off-grid utilities in developing regions had either
out-dated (23%), improper (41%), non-functioning (14%) or not any (20%) refrigeration solutions
(WHO/UNICEF, 2016). As a result, vaccines are exposed to the risk of inadequate or excessive
cooling in 78% of all cases (WHO/UNICEF, 2016). With insufficient cooling, the vaccines slowly
lose effectiveness, while freezing immediately spoils the vaccines. Therefore, big investments are
done by NGOs and ministries of health (McCarney et al., 2013) to reliably cool vaccines at
between 2 and 8 °C in the affected regions in the Global South.
The most common off-grid cooling systems include electric refrigerators powered by photovoltaic
or diesel generators and direct-fired absorption refrigerators (McCarney et al., 2013). In the latter
systems, fuel procurement is often a challenge, while photovoltaic systems struggle with short
battery life-time (WHO/UNICEF, 2017) and decreasing conversion efficiency at high ambient
temperatures or diffusive solar radiation. Today, the WHO recommends using vaccine refrigerators
without electrical storage and without the need for fuel (WHO/UNICEF, 2017). As a result, the
current primary solution, so-called SDD ("solar direct drive") refrigerators, are sold. These use ice
storages in the refrigerator to store the cold instead of storing electrical energy in batteries. A
problem with this more robust technology is that the compressors are connected directly to the
photovoltaic system and therefore are not regulated. Cold is provided as long as sufficient solar
irradiation is present. This often results in ice storages becoming either significantly too cold so that
the vaccines freeze (WHO/UNICEF, 2017) or the storage space inside the refrigerator not getting
cold enough so that no ice is produced (WHO, 2018) and then the desired temperatures cannot be
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maintained overnight. In this context, the complex dimensioning of the photovoltaic system plays a
crucial role (WHO/UNICEF, 2017).
A completely different alternative are solar thermally driven adsorption refrigerators.

2. SYSTEM DESIGN
The concepts of small solar adsorption cooling units of the previous state of the art as well as their
shortcomings will be briefly presented below. Afterwards the system structure of the novel Coolar
off-grid vaccine refrigerator, which is also based on adsorption cooling, will be described.
2.1.

State of the Art

There were some previous attempts to realize cooling via solar thermally driven adsorption
refrigeration units in the last 30 years. In these approaches the utilisation of solar thermal energy
and the actual refrigeration are separate phases of the overall process. Thus, cooling can be
provided even though the sun is not shining, and the cooling can take place over a much longer
period of time than solar irradiation is available (Anyanwu and Ezekwe, 2003). This represents a
clear difference to photovoltaic refrigerators (WHO, 2018).
Most of the concepts developed over the last 30 years produce either cold water or ice at night.
There is no temperature control and methanol is used as the refrigerant (N’Tsoukpoe et al., 2014).
They use solar thermal collectors that are filled with the sorption medium (N’Tsoukpoe et al., 2014;
Boubakri, 2000/1992). These have to be connected to the cooling unit in a vacuum-tight manner,
which greatly limits the flexibility to place the refrigerator according to user's needs and makes the
system very prone to failure from leakages. Sufficient ice production for cooling has so far only
been achieved at ambient temperatures well below 30 °C (Anyanwu and Ezekwe, 2003; Boubakri,
2000,1992). Fig. 1 shows the typical structure of solar thermal adsorption refrigeration units
according to the prior art. At the highest point of the system is a solar collector that is filled with an
adsorbent, and therefore also serves as the adsorber (Anyanwu and Ogueke, 2007). Below are a
condenser, a condensate collector, an evaporator and the cooling compartment. The whole system
works under vacuum.

Figure 1: State of the art for solar adsorption refrigerators (Anyanwu and Ogueke, 2007)

At night, the solar collector and the adsorbent that it contains cool down. Thus, the pressure in the
entire system decreases and the refrigerant in the evaporator starts to evaporate. The vapour is
soaked up by the adsorbent, more refrigerant evaporates and the evaporator cools down. During
daytime the solar irradiation heats up the solar collector and the adsorbent therein, the adsorbed
refrigerant evaporates and ideally condenses completely in the condenser. The condensate flows
into the condensate collector and then into the evaporator within the cooling compartment. If no
valve is arranged in front of the evaporator, the evaporator is heated significantly during the day by
the warm water or by incompletely condensed vapour from the condenser (Boubakri, 1992;
Anyanwu and Ezekwe, 2003). Thus, the intervention of the user is always required, as they have to
manually transfer either the stored goods or the ice (Boubakri, 1992/2000) into a separate cool
box.
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2.2.

Setup of the Adsorption Cycle of the Coolar Prototype

Fig. 2 shows a schematic of the setup of the Coolar refrigerator in a side and rear view. Like other
adsorption refrigeration units, the Coolar refrigerator also consists of an evaporator, a condenser
and an adsorber. During refrigeration, the refrigerant water evaporates in the evaporator, flows
through a pipe and a valve and is adsorbed in the adsorber. If the adsorbent is saturated, it must
be regenerated. For this purpose, pipes are provided inside the adsorber. Hot water flows through
them during the regeneration phase and supplies heat to the adsorber. The refrigerant evaporates
from the adsorbent and flows through a pipe and a valve into the condenser where it is condensed.
The condenser and evaporator are directly coupled through a U-tube. Thus, small amounts of
refrigerant are returned to the evaporator during the entire regeneration. Simultaneously, the Utube acts as a throttle, so that the refrigerant flows into the evaporator with evaporator
temperature (Kühn et al., 2018a) and not with condenser temperature as in the state of the art (see
above) (Boubakri, 1992). As a result, the temperature stability inside the refrigerator compartment
is significantly increased, which is very important for vaccine cooling.

side view

rear view

evaporator

adsorber

T

refrigerator compartment
T

T

condenser

T
T

U-tube

heat supply

Figure 2: schematic of the prototype setup according to Kühn et al. (2018a)

The valves for the separation of evaporator and adsorber and accordingly adsorber and condenser
are in-house developed automatic check valves which respond to pressure differences of less than
1 mbar. Since the presented concept is a single-chamber system, no cooling of the refrigerator
compartment takes place during the regeneration phase.
2.3.

The External Circuits

Like the Coolar refrigerator, most adsorption cooling machines do not require electrical power
internally. In order to enable off-grid operation completely without power, the external circuits have
to operate without electrical power, too. The evaporator developed for the vaccine refrigerator
enables cooling over all side walls and over the entire height of the refrigerator compartment. In
addition to this, even complete freezing of the refrigerant water does no damage to the evaporator.
When ice is formed the cooling process is strongly limited, so that the evaporator is preserved at
0 °C to prevent freezing of vaccines inside of the storage area. Thus, the large evaporator area is
necessary to ensure the required refrigerator compartment temperature of 2 to 8 °C even at such
small cold side temperature differences. The condenser is passively cooled with ambient air.
Heat has to be supplied to the adsorber during regeneration and has to be removed from the
adsorber during cold production. The heat is supplied by a solar thermal hot water system. For this
purpose, pipes are present within the adsorber in such a manner that allows a natural circulation of
the hot water through the adsorber and solar thermal collector (solid red arrows, Fig. 3). In order to
ensure the natural circulation, the upper end of the solar thermal collector must be located lower
than the top end of the adsorber. A possible setup with the prototype investigated here can be
seen in Fig. 3.
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During adsorption, the pipes in the adsorber are used for recooling. A passive recooler is situated
above the adsorber to allow a natural circulation of the cooling water (dashed green arrows, Fig.
3). Thus, the process cycle is controlled over the day night cycle of the sun. When the solar
thermal collector heats the water it flows into the adsorber and drives the regeneration. If the solar
thermal collector cools down the natural circulation through the collector comes to a standstill and
the cooling of the adsorber with the natural flow through the recooler starts and refrigeration is
enabled. Thus, the cooling is done as long as no sun shines and typically over a longer period than
the regeneration takes place. This long cooling phase particularly distinguishes the adsorption
driven from the photovoltaic powered SDD refrigerators. Additionally, the adsorbent as solar
energy storage makes the adsorption refrigerators less prone to irregularities from unsuitable
weather conditions while also being directly driven with solar energy.

Figure 3: Prototype with 2 m² solar thermal flat plate collector

3. MEASUREMENTS AND RESULTS
In this chapter, the results from the measurement of the prototype of the off-grid vaccine
refrigerator are presented and discussed. The off-grid autonomous operation test was carried out
in September 2018 in Berlin with two vacuum tube solar thermal collectors supplied by Augusta
Solar.
The WHO (2018) issues precise specifications for the approval of vaccine refrigerators for off-grid
use:
• compliance with 2 to 8 °C in the refrigerator compartment (short-time between 0-2 °C
permissible)
• at constant ambient temperatures: 27 °C(moderate), 32 °C (temperate), 43 °C (hot)
• refrigerator compartment temperatures below 10 °C for up to 3 days in unpowered state
(holdover time)
• placement in a locked room
With the prototype presented here, the conditions for a temperate climate with a holdover time of
one day are addressed.
3.1.

System Balancing

For measuring and balancing the refrigerator prototype, several digital temperature sensors of the
type Dallas DS18B20 are used. The measurement uncertainty is 0.5 K.
To determine the cooling capacity, the heat capacity of the refrigerator compartment and the heat
infiltration rate into the refrigerator cabinet have to be known. The heat capacity of the refrigerator
compartment results from the masses and heat capacities of the internals and fluids. The heat
infiltration rate is determined by a heating test. The refrigerator compartment is heated with a predetermined electrical load 𝑃e until a stationary point is reached. The heat infiltration rate UA can
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then be calculated via Eq. (1) and includes both the heat transfer through the refrigerator housing
and the air circulation through seals. The heat capacity of the refrigerator compartment without
water (𝐶W ) is 𝐶RC = 2.6 kJ ⋅ K −1 and the heat infiltration rate 𝑈𝐴 = 0.8 W ⋅ K −1 . In addition to this, there
is water as refrigerant in the evaporator and during some measurements in the refrigerator
compartment as vaccine equivalent or as cold storage around the evaporator. The cooling capacity
𝑄̇0 can then be calculated via Eq. (2). Here, the temperature difference between the individual
refrigerator compartment components as well as their different rate of temperature change is
neglected.
𝑈𝐴 = 𝑇

𝑃e

Eq. (1)

RC −𝑇A

𝑡
1
∫𝑡 2 [𝑈𝐴
−𝑡
1
2 1

𝑄̇0 = 𝑡

⋅ (𝑇RC (𝑡) − 𝑇A )] d𝑡 + (𝐶RC + 𝐶W )

𝑇RC (𝑡2 )−𝑇RC (𝑡1 )
𝑡2 −𝑡1

Eq. (2)

The hot water supply, as well as the recooler cannot be balanced on the prototype since the
volume flows in the solar circuit and in the recooler, as well as the volume flow of ambient air at the
condenser are unknown.
3.2.

Cool-Down and Holdover Test

In the laboratory experiments, the prototype is housed in an enclosure that allows heating of the
immediate refrigerator environment to ensure stable ambient temperature conditions throughout
testing. The hot water is generated by an electric hot water boiler, whose temperature is limited to
85 °C. The refrigerator contains about 5 litres of water as a vaccine equivalent. The cooling curve
of the refrigerator compartment was determined at two different ambient temperature levels. The
adsorber is regenerated for 6 hours with hot water temperature at 84 °C. Then the hot water is
turned off.
Cool-down curves of the refrigerator compartment and the evaporator for one test at 24 °C and one
test at 32 °C ambient temperature are shown in Fig. 4. The evaporator temperature is determined
with four temperature sensors, which are attached to the outer evaporator surface at different
heights. Fig. 4 shows the arithmetic mean evaporator temperature. The starting point (00:00) is the
moment when the hot water supply is switched off. After switching off the heat supply, it takes
about 60 minutes at 24 °C ambient temperature until the passive re-cooler has cooled down the
heating circuit and the adsorber to the point where adsorption starts. At 32 °C it takes about 80
minutes. In both cases, the lowest refrigerator compartment temperature is reached approx. 9
hours after adsorption begun.

Figure 4: Cool-down and holdover test at laboratory conditions

At 24 °C ambient temperature the minimum refrigerator compartment temperature is 1.7 °C and at
32 °C just 7 °C. At 24 °C ambient temperature, a large part of the water inside the evaporator is
initially undercooled until it freezes at about 11 hours after the start of the experiment. At that point,
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the temperature in the evaporator and refrigerator compartment rises suddenly. The cold storage,
formed by the ice, keeps the refrigerator compartment temperature relatively constant for about 9
hours. The temperature remains below 8 °C for significantly longer than one day.
At 32 °C ambient temperature, the temperature profile is qualitatively similar to the 24 °C test, but
the minimum evaporator temperature reached was only 1.8 °C and the mean evaporator
temperature 4 °C. Thus, no ice is formed and the low temperature does not remain for a long
period. Even though the refrigerator compartment temperature just falls to 7 °C it still remains
below the required 8 °C for about 10 hours. When determining the holdover time, where up to
10 °C inside the refrigerator compartment are permitted, a period of about 22 hours was achieved.
3.3.

Cooling Capacity in Cool-Down Test

For the cool-down experiments described above, the cooling capacity was determined. Fig. 5
shows the cooling capacity, which is the moving average over one hour. Additionally, the cooling
capacity required to compensate the heat infiltration is displayed (dotted lines). If the provided
cooling capacity is greater than this minimum cooling capacity for maintaining the refrigerator
compartment temperature, the compartment cools down; when the cooling capacity is smaller, the
compartment heats up, if no latent heat storage such as ice is present inside.

Figure 5: Cooling capacity in the laboratory tests

As is typical for adsorption chillers, the cooling capacity is greatest at the beginning and reaches
about 100 W at 24 °C and nearly 70 W at 32 °C ambient temperature. The steep peak of the
cooling capacity curve in Fig. 5 is due to the averaging over one hour with zero cooling capacity in
the beginning. After a few hours the cooling capacity drops significantly. At 32 °C ambient
temperature, the cooling capacity provided by the system falls below the necessary cooling
capacity for temperature maintenance after about 10 hours, resulting in the heat-up of the
refrigerator compartment and the evaporator seen in Fig. 4. The cooling capacity then stabilizes at
about 15 W at 32 °C and slightly less at 24 °C ambient temperatures. This results from the slow
increase in the refrigerator temperature over time, which results in an increase in vapour pressure
in the evaporator, which also increases the adsorption capacity of the adsorbent that triggers
further water vapour adsorption. At the lower ambient temperature of 24 °C, the heat infiltration is
less, resulting in a slightly lower cooling capacity in the end. The steps in the cooling capacity are
equivalent to the temperature steps in Fig. 4. The last step after 24 hours in the 32 °C curve,
results from a spontaneous increase in ambient temperature during the test.
3.4.

Autonomous Operation with Solar Thermal Hot Water System

From the beginning of September till mid October 2018, an autonomous operating test was carried
out with the grid-independent refrigerator prototype in Berlin. A simple solar thermal system with
two direct-flow vacuum tube collectors with an aperture area of almost 2 m² was used. To keep the
refrigerator in an environment of approximately 32 °C, it was placed in a separate room, which was
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heated by a fan heater. The actual prototype is designed for driving temperatures below 100 °C, to
reduce complexity during manufacturing. Therefore, the recooler of the adsorber was coupled to
the solar circuit via a thermal valve, so that the maximum driving temperature could not exceed
95 °C. During this test, the refrigerator compartment was furthermore equipped with an additional
cold storage of 30 litres of water around the evaporator to improve temperature stability.
Fig. 6 shows the process temperatures and the global solar irradiation (HTW Berlin, 2018) over
three cooling cycles of the prototype at the end of September 2018 in Berlin. To illustrate the
difference between the solar irradiation in September and the optimal summer irradiation for Berlin,
Fig. 6 also shows the irradiation curve of the 7th of June 2018 (HTW Berlin, 2018). It can be seen,
that it takes more than one hour after sunrise to provide sufficient hot water to drive the
regeneration process due to the heat capacity of the water in the solar circuit. The minimum
refrigerator compartment temperature of a day is reached at this time, because the adsorber stops
adsorption at this point. During regeneration the refrigerator compartment temperature increases at
an almost constant rate. After the regeneration phase, the cooling starts again, as soon as the
solar thermal system is cooled down below 50 °C. Similar to the heat incursion during daytime, the
cool-down over night occurs at a close to constant rate as well. The ambient temperature varies
between 29 and 34 °C due to the on/off control of the fan heater. The increase above 32 °C during
the day occurs due to the waste heat during regeneration and the position of the ambient
temperature sensor close to the refrigerator.
The hot water temperature on the 20th of September was relatively stable above 90 °C, although
the solar irradiation varies significantly. Only with even stronger fluctuations in solar irradiation on
the 21st of September a reduction in driving temperature as well as in regeneration time occurs.
Nevertheless, the target temperature of below 8 °C in the refrigerator compartment is temporarily
reached in the subsequent night. As the single-chamber system cannot supply any cooling during
regeneration, the temperature inside the refrigerator compartment increases by up to 6 K during
the day, even though a cold storage is installed. The cold storage’s capacity could be significantly
bigger, if ice was formed instead of only cold water as in the test. . Nevertheless, temperature
fluctuations were significantly reduced in comparison to the cyclic laboratory tests without cold
storage (Kühn et al., 2018b), where it has been 13 K over the day. Hence, a refrigerator
compartment temperature of 2 °C would have to be reached while cooling is applied to remain
within the set limit of 2 to 8 °C during daytime, if the refrigerator cabinet is not changed. However,
as shown in chapter 3.2, by reaching 2 °C refrigerator compartment temperature it can be
considered as certain, that ice is formed within the cold storage close to the evaporator. In that
case the refrigerator compartment temperature will be stabilized significantly as shown in Fig. 4 at
24 °C.

Figure 6: temperature profiles and solar irradiation (HTW Berlin, 2018) in autonomous operation test

To achieve the goal of stable temperatures between 2 and 8 °C inside of the refrigerator, two
measures can be undertaken. In particular a refrigerator cabinet with better insulation can be used,
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which enables both a lower minimum refrigerator compartment temperature and lower temperature
fluctuations. Reducing the heat infiltration by at least 20% is easily possible with refrigerator
cabinets already tested by Coolar and would reduce the required cooling capacity accordingly. On
the other hand, the cooling capacity can be increased by scaling-up the adsorber. Besides, the
regeneration cycle could be extended by up to 4 hours under optimal irradiation conditions during
the summer months, as shown in Fig. 6, which also leads to an increase in cooling capacity. The
solar energy supply in the target regions is even higher than in Berlin, although the days in closer
to the equator locations in the Global South are shorter than in Berlin in the summer. In a field test
that was conducted with the very same prototype in Tenerife until April 2019 ice was produced and
remained during daytime even with maximum ambient temperatures of 36 °C. This was achieved
even though a low-cost and less efficient flat-plate solar collector as shown in Fig. 3 was used.

4. CONCLUSIONS AND OUTLOOK
In the paper at hand, the design of an off-grid solar adsorption refrigerator for vaccine cooling in
the Global South was presented. A first prototype for 32 °C constant ambient temperature was
built. The target was to provide temperatures between 2 and 8 °C inside the refrigerator
compartment and to assure a holdover time without operation below 10 °C for 24 hours. The
prototype's performance was measured in the laboratory and in an autonomous operation test in
Berlin in September.
The determined cooling capacity of the prototype is between 100 W and 15 W. The refrigerator
compartment can be cooled down within 10 hours from ambient temperature to its minimum
temperature. Both in the laboratory and in the autonomous test, a refrigerator compartment
temperature of less than 8 °C was achieved. However, the refrigerator temperature was within 2
and 8 °C just for 10 hours per day at 32 °C constant ambient temperature and, thus, not
permanently within the target temperature range. During the laboratory tests at 24 °C ambient
temperature ice is formed inside of the evaporator, which allows an almost constant refrigerator
compartment temperature of 2 °C over a period of 9 hours. Thus, a holdover time of several days
is achieved at 24 °C ambient temperature, but just 22 hours at 32 °C ambient temperature. A
subsequent field test with the very same prototype that was conducted up until April 2019 in
Tenerife revealed that the performance improves under the local weather conditions, even though
a low cost and less efficient flat-plate solar collector is used.
The work on a new prototype for 32 °C ambient temperatures has already begun. To maintain the
refrigerator temperature between 2 and 8 °C, it makes use of a refrigerator cabinet with better
insulation to reduce both the necessary cooling capacity and the temperature fluctuations in the
daily cycle. In addition to this, the adsorber is up-scaled to increase the cooling capacity and the
cold storage is improved. The new prototype will be deployed for field testing with a partner in the
summer of 2019.
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ABSTRACT
Refrigerated warehouses for chilled and frozen foods represent a large portion of the energy demand
in the refrigeration sector. This paper analyses the influence of different configurations and
technologies in industrial refrigeration systems. Furthermore, given the absence of a clear
methodology to assess the energy performance of commercial and industrial refrigeration systems
and a reference baseline to quantify the effect of actions to improve such performance, this study
wants to contribute to increase the awareness towards the role of certain design features on the
overall behavior of the system. A survey among Italian companies in this specific sector together
with simulation analysis are used to present the state of the art in industrial refrigeration systems
and to quantify the effect of potential technological improvements.
Keywords: Energy Efficiency; Industrial Refrigeration; Cold Store; Compressor.

1. INTRODUCTION
Refrigerated warehouses generally store food at cold temperature (typically between 0 °C and -10
°C), frozen temperature (typically until -42 °C) and storage temperature (typically until -35 °C). While
in the first two cases a transformation of the product from the entry to the exit of the cell is expected,
in the last case the cold stores provide only the food stocking.
In 2012, in Europe there were approximately 1.6 million cold stores, of which 67% were small stores
with a volume of less than 400 m3 (Mudgal et al., 2011). The cold chain is believed to be responsible
for approximately 2.5% of global greenhouse gas emissions through direct and indirect energy
consumption effects (Guilpart et al., 2008). In cold storage facilities, 60-70% of the electrical energy
is used for refrigeration, therefore there is a high interest in reducing such energy consumption
(Evans et al., 2014). In their project ICE-E, Evans et al. (2014) identified different actions to increase
the energy efficiency in this sector by means of a survey among cold storages in Europe. These
actions consist of optimizing usage of stores, repairing current equipment and retrofitting energy
efficient equipment. Most energy saving options were only selected and installed after a case had
been made for a relatively short payback period. This often required a level of knowledge not
possessed by most of the cold store operators. It was therefore difficult for cold store operators to
obtain a clear and unbiased view on whether energy saving options would be worthwhile in terms of
carbon and financial savings.
In 2002, the International Institute of Refrigeration (IIR) estimated that cold stores use between 30
and 50 kWh/m3/year (Duiven et al., 2002). The minimum value from this study was similar to values
from a study carried out in the Netherlands by Bosma (1995), who found the average energy
consumption of cold stores to be 35 kWh/m3/year. Previous detailed energy audits carried out by
other researchers (Evans and Gigiel, 2007; Evans and Gigiel, 2010) on a small number of cold stores
have shown that energy consumption can dramatically exceed the values reported above, reaching
values 30-40% higher.
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This paper presents a collection of data from 4 refrigerated warehouses. The performance of 4 cold
stores were examined to determine the initiatives that could be implemented to save energy.

2. CASE STUDY
The purpose of this survey is to identify the areas with the most common problems and where most
of electrical energy can be saved. These actions are intended to encourage owners of cold stores to
undertake energy efficiency initiatives, such as installation of new technologies and equipment. To
this end, a questionnaire similar to the one used in the ICE-E project (Foster et al., 2016) on energy
efficiency was proposed to Italian companies operating in the cold chain. Since the main interest of
the present work was to establish a baseline of cold-chain plant configurations in Italy and their
corresponding degrees of improvement, some questions of the original questionnaire have been
modified accordingly.
The audit started in July 2018 and was developed using a Google Modules web application. The
data were saved in a Google database. The survey allowed participants, owners of cold stores, to
initially register their details and then to enter data about as many refrigeration systems as they
wished. This audit was set up to collect information per single refrigeration system that might supply
one of the several cold stores. The survey was designed to be user-friendly, so that a cold-store
operator should take only a few minutes to complete it. The link to the survey was sent by e-mail.
After this first contact with the companies, additional in-depth worksheets were sent them. The audits
were selected to cover different locations, sizes, types and uses. The data from these audits were
used as inputs to specific simulation models, in order to highlight where improvements could be
achieved. To date, only 4 companies have joined the project by answering the survey. In order to
maintain the anonymity of sensitive data, the companies have been identified with codes (A, B, C
and D for the present study). Table 1 provides the main information of the companies under study.
Table 1. Main data of the companies under study
Parameter
A
B

C

D

Electrical power supplied by the
electricity company (kWe)

900

900

Electrical power of the refrigeration
system (kWe)

1800

200

850

240

Electrical power of the compressors
(kWe)

1480

500

600

220

Electrical energy of the refrigeration
system (kWh∙year-1)

2780601

1500000

2800000

500000

Handling input of food and finished
raw materials (t∙ year-1 at room
temperature)

4300

700

Handling input of food and finished
raw materials (t∙ year-1of chilled food:
0/+4 °C)

1250

100

800

Handling input of food and finished
raw materials (t∙ year-1of frozen food: 18 °C)

6300

100

5000

9000

Plant production temperature (°C)

15

25

15

25

Plant storage temperature (°C)

-18

-18

-25

-25

25872

21000

Plant production volume
Plant storage volume

(m3)

(m3)

310

0

20076

9000

Refrigeration cycle

Single stage
economized

Single stage
economized

Single stage
economized

Single stage

13000

Compressor type

Open screw
cooled with
liquid injection

Open screw
cooled with
liquid injection

Open screw
cooled with
liquid injection

Screw semihermetic

Primary refrigerant

Ammonia

HFC (R404A)

Ammonia

HFC (R404A)
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For all the 4 companies, the annual turnover is less than 50 million euros. The age of the plants is
more than 20 years for the companies A and C, and between 10 and 20 years for the companies B
and D. The companies A, B and C are characterized by the same kind of food storage. In particular,
they have:
 storage cells where the handling of incoming loads is the same as for outgoing loads;
 transformation of the chilled products;
 transformation of the frozen products.
However, due to the inaccuracy of the data provided, it was not possible to estimate the exact amount
of loads divided between frozen, chilled and food storage, and therefore efficiency in the three cases.
The company D, instead, deals with food storage only.

3. SYSTEM MODELING
The refrigeration systems installed in the considered companies were modelled with BITZER
Software (BITZER, 2018) and EES (Engineering Equation Solver) (EES, 2019). Fig. 1 depicts the
data flow of the system modelling. Based on the data provided by the survey, the refrigeration system
cooling power and the evaporating/condensing temperatures were used as inputs of BITZER
Software. As concerns the evaporating temperature, for the simulation under study a value of -35 °C
was considered for the cases A, B and C. This value, in fact, allowed to determine the refrigeration
system COP necessary for freezing, which represents the worst-case condition. For case D, instead,
an evaporating temperature of -40 °C was selected in order to take into account an approach of 5
°C in the evaporators. For all the cases, the condensing temperature was considered to be equal to
35 °C in summertime and equal to 25 °C in wintertime. These temperatures were considered to be
adequate for the outdoor conditions of the sites under study.

Figure 1: Dataflow of the system modelling

Using the refrigeration system cooling power and the evaporating/condensing temperatures defined
as above, BITZER Software allowed to check the compressor size and determine the correct
compressor power to use for the simulation. For the case A and C, it has been verified that the
compressor suitable for the economized system and ammonia is the model OSNA8591-K. For the
cases B and D, instead, the results of the survey did not specify the actual refrigerant used, but only
its type (HFC). For this reason, in both cases it was assumed R404A as refrigerant. Specifically, the
compressor selected by BITZER Software was OSNA8571-K for case B and HSN7451-60-40P for
case D.
The compressor power estimated by BITZER Software was therefore used as an input of an EES
model that simulates the refrigeration systems under study. Two refrigeration cycles were
considered: a single-stage vapour-compression cycle that is representative of the plant schemes
considered, and a two-stage vapour-compression cycle that was considered as an improvement of
the first system. Both the schemes realize subcooling of the refrigerant (1 °C) by means of an
economizer. A superheating of 1 °C was also considered in order to avoid suction of liquid refrigerant
at the compressor stage. Fig. 2 shows the schematics of the refrigeration cycles simulated with EES.
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Figure 2: Schematics of the refrigeration cycles: single-stage (left) and two-stage (right)

4. RESULTS
Based on the inputs provided by the survey and by BITZER Software, the COP determined by EES
for the case A was equal to 1.63 and 2.30 for the summertime and the wintertime conditions,
respectively. For instance, Fig. 3 shows the thermodynamic inverse cycle associated to the singlestage system during the summer period.

Figure 3: Thermodynamic cycle of the single-stage system for case A-C in summertime

The yearly average COP, determined by the summer/winter values considered above, is equal to
1.97. This COP, however, does not take into account the losses associated to liquid injection and
the internal and external cycle irreversibility. In order to account for these losses, a penalization of 30% was considered (Cavallini and Mattarolo, 1992). In this way, the real yearly average COP for
the case A is 1.38. This COP is also valid for case C as the refrigeration system associated to this
case has the same input values of case A.
As regards case B, the COP calculated by EES for the summer condition is equal to 1.57 while the
COP obtained for the winter condition is 2.05. Fig. 4 shows the thermodynamic cycle corresponding
to the summer condition. In a same fashion of case A, the yearly average COP was determined to
be 1.81. Additionally, considering again a penalization of -30% that accounts for the irreversibilities
of the real thermodynamic cycle, the real COP for case B is determined to be 1.27.
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Figure 4: Thermodynamic cycle of the single-stage system for case B in summertime

Figure 5: Thermodynamic cycle of the single-stage system for case D in summertime

The COP determined by EES for case D is equal to 1.43 in summertime and equal to 1.85 in
wintertime. The thermodynamic cycle associated to the summer condition is depicted in Fig. 5. The
yearly average COP for case D is therefore 1.64 and, taking into account a -30% inefficiency, the
corresponding real COP is 1.15.
A possible solution to improve the efficiency of the considered cases consists of modifying the
reference refrigeration system from a single-stage to a two-stage cycle. Considering case A (which
is equal to case C, as seen above), the COP of the two-stage vapour-compression cycle during the
summer period was determined through EES to be 1.60, while the COP for the winter condition was
determined to be equal to 1.97. Fig. 6 depicts the two-stage thermodynamic cycle for the summer
condition. The annual average COP is therefore equal to 1.79. The penalization associated to the
two-stage cycle does not account for the loss associated to liquid injection, therefore in this case it
is possible to consider an inefficiency of -15%. Thus, the real yearly COP for the cases A/C based
on a two-stage cycle is equal to 1.52. Respect to the single-stage system, the COP is about 10%
higher.
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Figure 6: Thermodynamic cycle of the two-stage system for case A-C in summertime

Figure 7: Thermodynamic cycle of the two-stage system for case B in summertime

As concerns the case B, the COP associated to the two-stage vapour compression cycle is equal to
1.56 during the summer period and to 2.05 in the winter period. Fig. 7 shows the thermodynamic
cycle referring to the summer condition. Considering these two values, the yearly average COP of
the cycle is 1.80. Again, taking into account an inefficiency of -15%, the real annual COP is equal to
1.53, value that is around 20% higher than the corresponding single-stage system.
Finally, the two-stage COP for case D is equal to 1.43 for the summer period and 1.85 for the winter
period. The thermodynamic cycle corresponding to the summer period is shown in Fig. 8. The yearly
average COP is 1.64; when accounting for a penalization of -15%, the real COP is determined to be
1.39. This COP is about 21% higher than the corresponding single-stage value.
Table 2 summarizes the COP obtained for the different 4 cases.
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Figure 8: Thermodynamic cycle of the two-stage system for case D in summertime
Table 2. COP of the considered cases (single-stage and two-stage compression)

A
B
C
D

COPr (single-stage)
1.38
1.27
1.38
1.15

COPr (two-stage)
1.52
1.53
1.52
1.39

5. CONCLUSIONS
In spite of the few data available, this study tried to shed light on the Italian panorama of refrigerated
warehouses. In particular, it estimates which COP can be expected by real refrigeration systems
installed in companies operating in the refrigeration sector. The data of 4 companies (A, B, C, D),
obtained from a technical survey, were used as inputs of mathematical models developed with
BITZER Software and EES. The following COP were found for the refrigeration systems of the 4
companies: 1.38, 1.27, 1.38 and 1.15. All these COP refer to a vapour-compression cycle operating
according to a single-stage system. The study also demonstrates that it is possible to achieve higher
efficiencies in terms of COP by adopting a two-stage system. In this case, the 4 refrigeration systems
show COP of 1.52, 1.53, 1.52 and 1.39, values that are more than 10% higher than the
corresponding single-stage COP.
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ABSTRACT  
This   article   outlines   the   main   market,   technology   and   policy   trends   for   CO2-based   systems  
primarily  in  commercial  and  industrial  refrigeration.  In  commercial  refrigeration,  CO2  transcritical  
is   quickly   becoming   the   mainstream   technology   for   new   stores,   with   close   to   20,000   stores  
using   this   technology   globally   today.   In   Europe,   CO2-based   supermarkets   account   for   14%   of  
total   food   retail   stores   (over   400m2)   and   the   projections   indicate   the   number   of   stores   could  
grow  to  65,000  –  85,000  by  2030.    
In  Japan,  CO2  condensing  units  are  a  well-established  technology  with  more  than  8,500  units  
running  in  the  market  by  the  end  of  2017.  Manufacturers  in  other  parts  of  the  world  are  making  
progress  in  commercialisation  of  CO2  condensing  units  and  mini  boosters,  which  is  expected  to  
have  an  impact  on  cost  reduction.  
The   article   combines   quantitative   data   from   primary   research   -   collected   among   leading  
industry  players  –  with  theoretical  research.  
Keywords:  CO2,  Transcritical,  Commercial  Refrigeration,  Industrial  Refrigeration,  Ice  Rinks.  
  

1.  INTRODUCTION    
Cooling   is   essential   to   preserve   food,   medicine,   data   and   ensure   comfort.   With   the   growing  
demand   in   developing   countries   and   the   booming   middle   class   the   demand   for   cooling   is  
expected   to   rise   exponentially   over   the   next   decades.   Today,   most   refrigeration   and   air  
conditioning  technologies  rely  on  man-made  fluorinated  refrigerants,  hydrochlorofluorocarbons  
(HCFCs)  and  hydrofluorocarbons  (HFCs).  Left  unchecked,  HFCs  could  account  for  nearly  20%  
of  global  greenhouse  gas  emissions  by  2050.  
The   Paris   Agreement   reached   among   nearly   200   countries   at   the   21st   Conference   of   the  
Parties   (COP21)   to   the   UNFCCC   aims   to   keep   the   global   temperature   rise   below   two   degree  
Celsius,  while  pursuing  efforts  to  limit  it  to  1.5°C  (compared  to  preindustrial  levels)  by  2100.    
In   October   2016,   world’s   nations   adopted   the   Kigali   Amendment   to   the   Montreal   Protocol,   a  
historic   accord   committing   the   economies   worldwide   to   significantly   reduce   consumption   and  
production  of  HFCs.  It  is  estimated  the  Kigali  Amendment  will  prevent  80  billion  tonnes  CO2e  by  
2050   under   a   business   as   usual   scenario,   avoiding   almost   0.5°C   warming   by   the   end   of   the  
century.   The   Kigali   Amendment   will   enter   into   force   on   1   January   2019   and   it   will   affect  
countries   around   the   world.   It   is   therefore   essential   to   look   at   future-proof   solutions   already  
today.  
Driven  by  the  legislative  action,  increased  focus  on  safety,  and  proactivity  of  some  technology  
end-users  there  has  been  an  increased  use  of  advanced  natural  refrigerant-based  systems  in  
commercial  and  industrial  refrigeration  using  CO2.  The  competition  between  natural  refrigerant  
solutions  is  growing  as  CO2  is  adopted  for  use  in  industrial  refrigeration,  traditionally  dominated  
by  ammonia.    

2.    KEY  POLICY  DEVELOPMENTS    
The   legislative   pressure   on   fluorinated   refrigerants   is   intensifying   and   with   the   Kigali  
Amendment   to   the   Montreal   Protocol   coming   in   force   as   of   2019   the   opportunities   for   natural  
refrigerants,  such  as  CO2  will  become  more  important.  Developed  economies  will  take  the  lead  
in  the  global  HFC  phase-down  with  the  first  cut  of  10%  in  2019  and  a  much  bigger  reduction  of  
40%  in  HFCs  that  will  enter  in  force  in  2024  (compared  to  2011-2013  levels).  
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Developing   countries   are   split   into   two   groups   under   the   Kigali   Amendment.   The   first   one   –  
which  includes  China  and  African  nations  –  will  freeze  consumption  of  HFCs  by  2024,  with  their  
first   reduction   steps   starting   in   2029.   A   second   group   including   India,   Iran,   Iraq,   Pakistan   and  
the   Gulf   countries   will   meet   a   later   deadline,   freezing   their   use   of   these   gases   in   2028   and  
reducing  consumption  from  2032.  
The   legislative   action   on   HFCs   varies   across   different   countries   and   regions   in   terms   of   pace  
and  type  of  measures  to  limit  the  refrigerant  emissions.  The  EU  F-Gas  Regulation  is  currently  
the   most   advanced   piece   of   legislation.   It   aims   to   reduce   HFC   emissions   by   79%   by   2030  
(compared  to  average  2009-2012  levels).  There  are  currently  signals  that  the  market  is  moving  
faster   than   anticipated.   According   to   research   conducted   in   2016   (Skačanová,   2016),   first-
movers   who   had   invested   in   future-proof   HFC-free   solutions   ahead   of   the   EU-wide   regulatory  
changes   were   able   to   reap   the   benefits   of   their   competitive   advantage   before   the   Regulation  
came  into  effect.  In  the  survey  carried  out  by  shecco  among  230  industry  representatives,  73%  
of  respondents  declared  they  had  taken  action  before  the  F-Gas  Regulation  came  into  force.    
The  HFC  phase-down  already  triggered  a  5-times  increase  in  HFC  prices  in  2017  and  20-times  
increase   is   expected   in   2018   as   a   result   of   the   37%   cut   in   HFC   quotas   and   the   inclusion   of  
HFCs  contained  in  pre-charged  equipment  under  the  phase  down  (Toby,  2017).  This  will  help  
build   the   business   case   for   natural   refrigerants   even   faster.   The   Regulation   will   be   revised   in  
the  future,  which  might  bring  about  further  restrictions  on  HFCs.  
In  the  U.S.,  the  pressure  to  move  away  from  HFCs  is  not  so  strong  yet  as  in  the  EU.  However,  
California   regulators   are   moving   ahead   with   ambitious   legislation,   which   would   introduce   a  
combination   of   measures.   With   the   objective   to   reduce   HFC   emissions   by   40%   by   2030,   the  
policy-makers  are  in  the  process  of  designing  legislation  that  would  include  prohibitions  on  new  
equipment  using  HFCs  with  GWP  over  150  in  non-residential  refrigeration  as  of  2021,  among  
other  measures.    
The   state   of   California   is   the   leader   when   it   comes   to   environmental   legislation   in   North  
America.   For   the   past   fifty   years   the   California   Air   Resources   Board   (CARB)   has   helped   put  
California   among   the   first   US   states   to   adopt   clean   air   regulations   for   many   different   polluting  
sectors,  and  experience  shows  that  the  state’s  environmental  legislation  is  eventually  adopted  
nationally  for  the  entire  US.  Already  now  a  growing  number  of  U.S.  states  are  joining  efforts  to  
reduce  emissions  of  HFCs  with  concrete  commitments.  
In   Japan,   the   shift   to   CO 2   in   refrigeration   has   been   accelerated   especially   through   a   subsidy  
scheme   run   by   the   Ministry   of   the   Environment,   in   addition   to   regulatory   action.   In   2017,   the  
Japanese  Environment  Ministry  announced  a  new  5-year  subsidy  project  (2018  -  2022),  helps  
end-users   reduce   the   capital   cost   of   natural   refrigerant   technologies   in   food   retail,   food  
manufacturing   and   cold   stores   (McLaughlin,   2017).   In   the   financial   year   2018,   the   scheme  
operated  with  a  budget  of  ¥6.4  billion  (€47  million)  and  the  amount  confirmed  for  the  next  year  
is   ¥7.4   billion   (€58   million)   (Yoshimoto,   2018a).   In   addition   to   incentivising   the   end-users   to  
adopt  natural  refrigerants,  the  High  Pressure  Safety  Institute  of  Japan  re-classified  CO 2  under  
Japan’s   High   Pressure   Gas   Safety   Act,   alleviating   the   barrier   for   CO2   adoption   in   larger  
commercial  and  industrial  refrigeration  applications  (McLaughlin,  2017).  
  
The   aforementioned   changes   in   the   policy   world,   together   with   country-specific   initiatives   to  
reduce   HFCs,   indicate   that   opportunities   are   arising   for   natural   refrigerants   to   penetrate   the  
market  more.  

3.    MARKET  TRENDS  –  FROM  NICHE  TO  MAINSTREAM  
The   key   drivers   of   the   uptake   of   natural   refrigerants   in   the   market   are   on-going   legislative  
pressure,   strong   retail   groups   asking   for   these   solutions,   decreasing   costs   of   systems,   and  
increasing  efficiency.  On  the  other  hand,  a  lack  of  trained  technicians  on  HFC  alternatives  has  
been  seen  as  a  major  barrier  to  the  deployment  of  such  technology  -  a  situation,  which  is  slowly  
improving  in  maturing  markets,  such  as  Europe.  
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3.1  

CO2  in  Supermarket  Refrigeration  

Commercial   refrigeration   has   been   the   most   dynamic   sector   in   terms   of   shift   to   natural  
refrigerants   in   recent   years   across   different   world   regions.   CO2   has   become   one   of   the   most  
interesting   technologies   for   new   systems   and   major   refurbishments   for   a   number   of   major  
retailers  who  are  leading  this  trend.    
Findings  indicate  that  Europe  is  by  far  the  most  advanced  region  in  the  level  of  adoption  of  CO2  
applications   for   commercial   and   industrial   refrigeration   –   mainly   as   a   result   of   the   EU   F-Gas  
Regulation   and   ambitious   legislation   in   some   of   the   European   countries.   The   strict   legislation  
has   pushed   companies   to   innovate   and   invest   in   future-proof   technology.   In   the   process,  
leading   European   companies   reported   that   they   had   gained   a   competitive   advantage   in   the  
global   market,   which   will   become   even   more   important   as   other   regions   look   to   reduce   their  
reliance   on   HFCs.   Europe’s   leading   position   in   CO 2   technology   for   refrigeration   was   made  
possible   through   the   important   research   of   major   scientists   in   this   field.   Norwegian   scientist  
Gustav  Lorentzen,  a  professor  at  the  University  of  Trondheim,  rediscovered  how  CO2  could  be  
used  as  a  refrigerant  in  heating  and  cooling  applications  in  the  1980s.  Lorentzen  developed  the  
modern  thermodynamic  transcritical  CO2  cycle  in  1988-1991,  heralding  a  crucial  breakthrough  
that  has  led  supermarkets  to  opt  for  transcritical  CO2  systems  in  Europe.    
It   should   be   noted   that   there   are   other   natural   refrigerant-based   technologies   used   in  
commercial   refrigeration,   and   the   future   might   see   growing   competition   between   CO2   and  
hydrocarbons   especially   in   small   and   medium-sized   stores   and   warmer   climates.   Overall,  
regions  differ  in  terms  of  technology  focus,  store  formats  and  retailer  commitments  (Skačanová  
et  al,  2018).  
CO2  is  quickly  becoming  the  preferred  option  in  new  supermarkets  as  storeowners  are  looking  
to   future-proof   the   refrigeration   equipment.   With   the   implementation   of   the   EU   F-Gas  
Regulation,   the   shift   towards   CO2   is   expected   to   intensify   in   the   next   few   years.   On   the  
technology   side,   CO2   refrigeration   systems   are   moving   towards   more   compact,   easy-to-install  
and  service-friendly  design.  The  growing  commercial  availability  by  a  large  number  of  suppliers  
and  standardisation  of  CO2  boosters  have  pushed  the  price  of  the  technology  down  in  the  last  
few   years.   The   cost   of   CO2   compressors   is   now   lower   than   the   cost   of   equivalent   HFC  
compressors.   Depending   on   the   market   and   the   technology,   the   total   installation   price   is  
currently   on   par   with   conventional   HFC-based   systems   or   in   the   range   of   5-10%   higher.  
Although  the  technology  for  warmer  ambient  climates  using  parallel  compression  or  ejectors  is  
currently   higher   in   terms   of   initial   cost,   this   is   expected   to   go   down   as   technology   becomes  
more  widespread  (as  has  been  proven  for  the  standard  CO2  booster  system).  Industry  experts  
estimate   that   with   ejector   technology   and   parallel   compression,   the   price   of   a   system   is   a  
maximum  10%  higher  than  traditional  booster.  
The  last  three  years  have  seen  impressive  growth  of  CO2  transcritical  (TC)  systems  worldwide,  
particularly   in   North   America,   and   the   APAC   region.   The   data   collected   from   equipment  
manufacturers   and   suppliers,   shown   in   Fig.   1,   indicate   that   Europe   experienced   the   largest  
growth   in   absolute   numbers,   reaching   approximately   16,000   stores   by   late   2018.      This  
represents   about   14%   of   the   food   retail   market   (food   retail   stores   in   the   EU,   Norway   and  
Switzerland  bigger  than  400  m2).  
The   U.S.   has   experienced   the   largest   relative   growth   in   the   last   three   years.   Canada   also  
boasts   a   significant   number   of   CO2   stores,   with   more   than   80   belonging   to   Sobeys,   the   most  
proactive  retailer  in  the  country  in  terms  of  adoption  of  CO2  systems.  The  transition  in  Canada  
was   accelerated   in   Quebec   by   subsidies   provided   by   the   province’s   ‘EcoPerformance’  
programme.   Accelerated   by   a   subsidy   scheme   run   by   the   Japanese   Ministry   of   the  
Environment,  Japan  is  the  second  largest  market  for  CO2  stores  globally,  boasting  more  than  
3,530   stores   by   late   2018.   In   contrast   to   other   regions,   the   technology   in   Japan   has   been  
adopted  pre-dominantly  in  small  store  formats.  With  the  revised  High  Pressure  Gas  Safety  Act,  
CO2  is  starting  to  pick  up  quickly  in  larger  supermarkets  as  well.    
Australia  and  New  Zealand  are  following  the  global  trend  with  the  number  of  stores  currently  at  
20+  and  40+  respectively.  Even  though  the  market  is  still  insignificant  in  China,  it  is  expected  to  
grow   soon   with   international   supermarkets,   such   as   Carrefour   and   Metro   AG,   looking   to  
increase  penetration  of  CO 2  technologies  in  China.  The  first  CO2  transcritical  system  in  China  
has   been   installed   at   a   Metro   Beijing   Lishuiqiao   store   (Yoshimoto,   2018b).   The   installation  
includes   two   indoor   racks,   both   with   parallel   compression,   two-stage   gas   cooling   and   heat  
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reclaim.   Refrigerating   capacities   are   55.97   kW   medium   temperatures   and   93.5   kW   low  
temperature.  The  high-temperature  rack  has  a  cooling  capacity  of  184.04  kW.  In  2019,  China  
will  see  a  number  of  additional  CO2  transcritical  installations  in  supermarkets.  Tab.  1  shows  the  
number   of   CO2   stores   globally   and   their   growth   rate   from   2015   to   2018,   based   on   primary  
research  among  leading  market  players.    
  
Table  1.  Growth  of  CO2  stores  between  2015  and  2018  in  selected  regions  

Regions  
USA  
Canada  
Europe  
New  Zealand  
Australia  
Japan  

2015  
52  
139  
5,500  
9  
4  
1,500  

2018  
370+  
245+  
16,000+  
40+  
20+  
3,530+  

Growth  rate  
612%  
76%  
190%  
344%  
400%  
135%  

  
  

  

Figure  1:  CO2  transcritical  stores  in  global  perspective  (status  by  October  2018).  

  

  

The   overall   increase   in   installations   of   CO2   transcritical   refrigeration   systems   in   Europe   is  
remarkable   and   is   only   expected   to   translate   into   continued   exponential   growth   in   the   future.  
According  to  research  and  estimates  for  the  European  market  by  shecco,  sustained  growth  is  
expected   to   continue   in   the   future   (Fig.   2).   The   graph   illustrates   two   scenarios   of   CO2   store  
growth  by  2030.  The  projections  are  based  on  increasingly  stringent  regulations,  technological  
advancements  in  warmer  climates,  and  the  growing  acknowledgement  and  acceptance  of  the  
technology   and   its   energy-efficient   properties.   The   conservative   scenario   assumes   that   the  
growth   will   be   a   bit   slower,   mainly   due   to   competition   with   other   low-GWP   refrigerant  
technologies.  According  to  the  prognosis  there  will  be  between  4,000  –  6,000  new  CO 2  stores  
annually  between  2020  and  2030,  with  a  total  of  65,000  –  85,000  stores  using  such  technology  
in  Europe  by  2030.    
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3.2  

  

Figure  2:    Projected  number  of  CO2  transcritical  stores  by  2030  in  Europe.  

Technologies  to  Enhance  Energy  Efficiency  of  CO2  in  Warmer  Climates  

Innovations   such   as   parallel   compressor,   ejectors,   mechanical   sub-cooling,   and  
adiabatic/evaporative   coolers,   CO2   transcritical   technology   is   now   suitable   for   climates   up   to  
45°C  (Danfoss,  2016).    
Adding   an   adiabatic   gas   cooler   to   a   CO2   transcritical   system   in   warmer   climates   offers  
additional  annual  energy  savings  of  8-12%.  Parallel  compression  delivers  6-8  per  cent  savings,  
and   in   combination   with   gas   ejectors,   savings   can   reach   8-10%   compared   to   a   transcritical  
system  not  using  these  enhancements  (Schönenberger  et  al,  2014).  Some  experts  in  the  field  
believe  that  ejector  technology  is  the  solution  to  remove  the  CO2  equator  –  a  geographical  line  
below   which   CO2   systems   were   believed   to   be   less   energy   efficient   than   their   HFC  
counterparts.    
CO2  systems  using  ejectors  have  been  reported  to  offer  up  to  40%  energy  savings  compared  to  
HFC  systems  without  ejectors  (shecco,  EIA,  2018).  With  parallel  compression  and  ejectors  the  
CO2  transcritical  technology  is  suitable  for  warmer  climates  up  to  45°C.  A  study,  supported  by  
the   Swiss   Federal   Office   of   Energy   (SFOE)   and   published   in   December   2017   by   the   German  
magazine   Kälte   Klima   Aktuell,   reports   that,   “according   to   estimates,   several   hundred   [CO2]  
ejector   systems   are   currently   in   use,   the   majority   of   which   are   in   Europe”.   Migros,   the   largest  
retailer  in  Switzerland,  last  year  counted  60  stores  fitted  with  CO 2  refrigeration  technology  using  
ejectors  and  said  it  planned  to  add  30  more  every  year  (Vogel,  2017).  
Although   the   advanced   CO2   technology   is   now   more   expensive   than   HFC-based   systems   in  
terms  of  initial  cost,  this  is  expected  to  go  down  as  technology  becomes  more  widespread  (as  
has   been   proven   for   the   standard   CO2   booster   system)   (Pisano,   2017).   Industry   experts  
estimate   that   with   ejector   technology   and   parallel   compression,   the   price   of   a   system   is   a  
maximum  10%  higher.  
3.3  

CO2  Technologies  for  Small  Stores  

The   condensing   unit   market   is   largely   dominated   by   high-GWP   HFCs,   primarily   supplied   by  
Asian  manufacturers.    
CO2  is  the  most  environmentally  friendly  alternative  for  condensing  units,  applied  already  in  a  
large   number   of   convenience   stores.   An   estimated   6,000+   stores   use   CO2   condensing   units  
and   mini   boosters   globally,   with   a   growing   number   of   suppliers   offering   such   equipment.   In  
Japan,  CO2  condensing  units  have  been  a  well-established  technology  since  many  years  with  
more  than  8,500  units  running  in  the  market  by  the  end  of  2017.  One  of  the  major  suppliers  of  
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the   technology   recently   presented   findings   on   tests   conducted   with   its   new   20HP  
CO2  condensing   unit   featuring   heat   reclaim.   The   system,   which   has   an   evaporating  
temperature  of  -15°C,  also  has  the  ability  to  supply  8.5  liters  of  hot  water  per  minute  at  70.4°C  
(Yoshimoto,  2018c).  
In   Europe   and   other   parts   of   the   world,   retailers   that   have   gained   experience   with   CO2   in  
supermarket   refrigeration   push   the   manufacturers   to   commercialise   and   decrease   the   cost   of  
CO2  condensing  units  and  mini  boosters.  The  result  of  this  is  a  growing  offer  of  commercially  
available  CO2-based  products  to  fulfil  the  cooling  needs  in  small  stores.    
Besides  CO2,  hydrocarbons  are  also  making  headway  in  the  condensing  unit  sector.  Although  
the   offer   is   currently   limited,   the   potential   for   the   technology   is   significant   and   may   become   a  
more   serious   competitor   to   CO2   provided   the   safety   standards   allow   higher   charges   of   the  
flammable  refrigerant  in  a  single  refrigeration  circuit.  
3.4  

Growing  Market  for  CO2  in  Industrial  Applications  

After  becoming  well  established  in  commercial  refrigeration  market,  manufacturers  are  focusing  
on   developing   transcritical   CO2   systems   for   larger   applications   in   industrial   refrigeration.  
Numerous  examples  from  Europe  indicate  that  CO2  is  becoming  increasingly  competitive  as  a  
solution  for  this  segment  too,  with  existing  systems  up  to  2-3MW  –  an  area  that  until  recently  
was   exclusively   dominated   by   ammonia.   shecco   estimates   there   are   more   than   200   known  
installations  with  CO2  transcritical  in  industrial  refrigeration,  with  more  than  25  known  suppliers  
offering  such  technology.  
New   technological   developments,   particularly   for   compressors,   have   allowed   CO2   trancritical  
systems  to  reach  higher  capacities  and  capture  a  part  of  the  industrial  refrigeration  market.  This  
market  is  moving  toward  CO2-only  systems,  partly  due  to  the  safety  and  technical  challenges  of  
using  ammonia.  According  to  expert  engineers,  CO2  compressors  can  have  an  equally  long  life  
as  the  ammonia  ones  without  the  need  for  special  and  more  expensive  components.  
As  the  technology  progresses,  the  distinction  between  commercial  and  industrial  refrigeration  is  
becoming   less   clear,   and   competition   between   different   natural   refrigerant   solutions   is  
increasing.  
3.5  

CO2  Ice  Rinks  on  the  Rise  

The  market  for  CO2  in  ice  rinks  is  relatively  new,  with  about  60  installations  done  to  date  mostly  
in  Europe  and  North  America  (Garry,  2018).  Technology  manufacturers  believe  that  the  running  
costs  of  CO2  transcritical  systems  in  ice  rinks  whether  direct  or  using  a  secondary  brine/glycol,  
are   lower   as   compared   to   fluorinated   refrigerants   and   ammonia,   especially   in   mild   and   cold  
climates.  This  is  mainly  due  to  the  possibility  to  use  heat  reclaim  and  the  fact  that  CO2  performs  
efficiently  in  such  climates  (Garry,  2018).  
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In   terms   of   installation   cost,   a   transcritical   CO2   direct   ice   rink   system   can   run   higher   than  
systems   using   synthetic   refrigerants   or   ammonia,   mostly   due   to   the   stainless-steel   piping  
required  under  the  rink.  
As   a   direct   system,   CO2   is   believed   to   produce   better   quality   ice   than   a   secondary   glycol  
system,  because  CO2  changes  from  liquid  to  gas  under  the  rink,  cooling  the  rink  at  a  constant  
temperature  throughout,  in  contrast  with  glycol,  which  produces  slightly  different  temperatures  
across  the  rink.  

4.  CONCLUSIONS  
The   legislative   pressure   on   HFCs   and   HCFCs,   propelled   by   the   Kigali   Amendment   to   the  
Montreal  Protocol,  creates  new  market  opportunities  for  technologies  that  do  not  rely  on  these  
refrigerants.   CO2   has   already   gained   market   presence   in   commercial   refrigeration   in   certain  
parts  of  the  world.  With  the  growing  number  of  suppliers,  the  focus  is  now  on  improving  energy  
efficiency   of   systems   especially   in   warmer   climates,   reducing   the   cost,   as   well   as   integrating  
the   refrigeration   system   with   air-conditioning   and   heating   (space   and   water).   The   speed   of  
technology   adoption   will   also   be   determined   by   the   availability   of   technicians   able   to   safely  
install  and  maintain  the  equipment.  This  will  especially  be  a  challenge  in  developing  countries  
where  the  infrastructure  is  not  yet  well  developed.    
The  development  of  large  compressors  and  other  key  system  components  make  it  possible  to  
deliver   CO 2-based   systems   for   different   sizes   of   industrial   refrigeration   installations,   with  
cooling   capacities   of   up   to   2-3MW.   As   CO2   is   entering   into   areas   where   it   was   previously   not  
used,   the   technologies   will   see   a   growing   competition   with   other   natural   refrigerant-based  
systems  as  well  as  those  using  lower  GWP  HFCs.    

NOMENCLATURE  
HFC   hydrofluorocarbons  
HCFC   hydrochlorofluorocarbons  

CO2  
EU  

F-Gas   Fluorinated  greenhouse  gases  
HFO  
  

hydrofluoroolefins  
  

carbon  dioxide  
European  Union  
heating,   ventilation,   air-conditioning  
HVAC&R  
and  refrigeration  
GWP  
global  warming  potential  
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ABSTRACT
In the present paper, a CO2 commercial refrigeration unit serving a 1500 m2 supermarket located in
Southern Europe is presented.
The unit consists of a booster compressor rack with parallel compression, with ten compressors
arranged to provide around 20 kW cooling capacity at low temperature and 90 kW cooling capacity
at medium temperature. The system, in addition to the cooling load, provides all the thermal functions
in one unit: it integrates a heat exchanger for the air conditioning (130 kW) and two stages heat
recovery, for sanitary hot water production (20 kW) and for space heating (100 kW).
The refrigeration unit is fully equipped with pressure and temperature sensors, flow meters, power
consumption and capacities analysers.
The monitoring data are useful to understand how the considered system operates under different
boundary conditions across a year. The focus of this paper is on the performance of the system
during the winter period when some heat is recovered from the cycle for space heating purposes.
Keywords: Refrigeration, Carbon Dioxide, Compressor, Heat Recovery

1. INTRODUCTION
Under the restrictions on the use of high GWP refrigerants imposed by the European F-Gas
Regulation (No 517/2014) and the global agreement to phase down HFCs - the Kigali Amendment
to the Montreal Protocol (UNEP, 2016), the use of carbon dioxide as environmentally friendly
refrigerant is one of the most promising and long-lasting solution in food retail sector. CO2 booster
systems have been initially adopted in supermarkets in the northern European Countries since their
performance at ambient temperature lower than about 25°C are comparable with conventional HFC
systems. Although the efficient use of CO2 in transcritical booster system presents some difficulties
at higher ambient temperature, it offers the opportunity of heat recovery and air conditioning
integration that should be considered to evaluate the application of this system in temperate and
warm climates.
Despite the installation of CO2 refrigeration systems for supermarket has rapidly increased all over
Europe, only few publications on field measurements of CO2 system with integrated heat recovery
and air conditioning system has been presented. Tambovtsev et al. (2011) investigated a heat
recovery strategy involving gas cooler bypass by monitoring a supermarket located in Germany.
Their results show that the adoption of the gas cooler bypass can increase the total COP of the
system up to 20%. In the work of Funder-Kristensen et al. (2013), a CO2 refrigeration system
integrating heat recovery for a supermarket in Denmark has been studied. The heat recovery unit
replaced a conventional gas heating system providing the entire heating demands of the
supermarket saving 20% of running cost. A field measurements analysis of a supermarket CO 2
refrigeration system with heat recovery installed in Sweden was presented by Abdi et al. (2014). The
monitoring of the working conditions shows that only 30–70% of the heat theoretically available for
recovery was utilized, while the rest was rejected outdoor. In 2015, Sawalha et al. (2015) presented
field measurements of three different CO2 transcritical solutions operating in five supermarkets
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located in Sweden installed between 2007 and 2010. The study showed that gas removal from the
flash tank, increase in the evaporating temperature and in the compressor global efficiency are the
main factors for the performance improvement comparing the new and the old systems. Hafner et
al. (2016) presented the integration of heat recovery and air conditioning units in a CO2 refrigeration
system for a supermarket in Italy. The performance of the refrigeration and air conditioning system
with and without a multi-ejector unit has been compared. This study showed that the configuration
with the multi-ejector unit can provide a total energy saving between 15% and 30%. Karampour and
Sawalha (2017) monitored the performance of an integrated CO2 transcritical booster system
including space and water heating, air conditioning, and parallel compression installed in a
supermarket in Sweden. Their results showed that the system was capable to provide the entire air
conditioning demands and recover a great fraction of the available heat, with high COP values.
Measured data of a CO2 transcritical system integrating all the thermal functions of a supermarket in
Northern Italy, has been presented by Cortella et al. (2018). A numerical model has been validated
against experimental data but the measured performance of the system was not presented.
In the present study, the performance of a transcritical CO2 commercial refrigeration system capable
to satisfy both the cooling and heating demands of a supermarket is investigated. The studied
refrigeration unit is located in Northern Italy and it is fully instrumented with pressure and temperature
sensors, flow meters, power consumption and capacities analysers. The objective of this study is to
investigate the working conditions and performance of the system while providing refrigeration and
heating.

2. SYSTEM DESCRIPTION
The considered CO2 commercial refrigeration unit is a transcritical booster system with parallel
compression serving a 1500 m2 supermarket located in Monticello Brianza (45°43′ N - 9°19′ E), near
Milan in Italy, and has been in operation since August 2017. The schematic of the CO2 system is
shown in Fig. 1.
The system is a booster compressor rack with parallel compression, with ten compressors arranged
to provide around 20 kW cooling capacity at low temperature (LT) and 90 kW cooling capacity at
medium temperature (MT). In addition to the cooling capacity, it provides all the thermal needs: it
integrates a two stages heat recovery system on the high pressure line and a heat exchanger for the
air conditioning at the intermediate pressure. The recovered heat is used to satisfy the demands for
sanitary hot water and space heating of the supermarket.
The LT compressors rack (CLT) consists of three compressors A1.5-3SK3 (Frascold, 2017a), while
three compressors S20-12TK (Frascold, 2017b) compose the MT compressors rack (CMT). In both
compressors racks, one compressor is equipped with a speed regulator to fill the capacity gaps given
by on/off compressors. Four additional compressors are installed as a parallel compression unit
(CAUX): three of four compressors S20-12TK are operating in on/off mode while the last compressor
is a S15-10TK (Frascold, 2017b) equipped with a speed regulator. The lubricant is a fully miscible
POE85 oil. The lubricating oil is collected in a separator installed downstream the discharge line of
the MT and auxiliary compressors. An electronic regulator of the oil level is installed on each
compressor and the oil is distributed from the separator to each compressor on demand.
The superheated vapour exiting the LT evaporators is compressed by the CLT rack and directed to
the suction line of the CMT where it mixes with the vapour coming from the evaporators working at
medium pressure. After being compressed to the high pressure, the hot gas discharged from the
CMT and CAUX passes through the two stages heat recovery system. A gas cooler (GC) installed
on the roof of the supermarket is used to reject the remaining heat to the outdoor ambient. The CO2
exiting the GC enters an internal heat exchanger (SCHE) where it is cooled by the cold vapour
stream flowing in the suction line of the auxiliary compressors. Although the subcooling effect has
been found to be very small, the presence of this internal heat exchanger ensures that only vapour
is present at the suction line of the auxiliary compressors. The subcooled liquid is throttled by the
high pressure regulating valve (HPRV) to the intermediate pressure. Here, depending on the demand
of the air conditioning system, the two-phase CO2 can flow through the air conditioning heat
exchanger (ACHE) or it can enter directly an internal heat exchanger (IHE) where it is partially
condensed by the cold vapour stream coming from the intermediate pressure regulating valve
(IPRV). The ACHE cools the water taken from a cold water storage tank, from 12°C to 5°C while
partially evaporating CO2 at the intermediate pressure. Connected to the outlet of the internal heat
exchanger (IHE), the intermediate pressure receiver (IPREC) separates vapour and liquid. The liquid
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is used to feed the MT and LT evaporators, while the vapour stream can be alternatively directed to
the IPRV (through the IHE) or to the suction line of the CAUX (through the SCHE). This choice
depends on the amount of the vapour in the IPREC, which strongly depends on the GC outlet
temperature of the CO2, and the minimum mass flow rate that can be processed by the smallest
auxiliary compressor.
In the first heat recovery stage, a brazed plate heat exchanger (SHWHE) is placed at the discharge
section of the CMT and CAUX used to heat water from 60°C to 65°C. The heated water is then
pumped back to an external heat exchanger where it heats up the sanitary water stored in a tank.
The CO2 outlet temperature is sufficiently high to allow a second stage heat recovery dedicated to
space heating. A brazed plate heat exchanger (SHHE) is connected to a second storage tank with
water at 55°C in and 50°C out temperatures. This second tank directly feeds the hydronic circuit for
space heating. Fixed speed pumps keep constant water flows in the circuits connected to the
SHWHE and SHHE, while two independent three-way valves are used to completely bypass these
heat exchangers when no space heating nor hot water are requested. When the heat absorbed by
the cabinets (MT evaporators) and freezers (LT evaporators) cannot satisfy the thermal demands of
the heating system, an additional evaporator (EXTEV) is used to evaporate the excess of liquid. This
is an air-cooled heat exchanger, equipped with a dedicated expansion valve, where the liquid CO2
coming from the flash tank receiver evaporates at the medium pressure. The EXTEV is placed in the
same framework of the gas cooler (GC) and served by the same fans. The superheated vapour
exiting the EXTEV is sent to the suction line of the MT compressors.

Figure 1: Schematic of the booster system with parallel compression, two stages heat recovery
and air conditioning system

3. MEASUREMENTS AND EVALUATION OF NON-MEASURED PARAMETERS
The monitored parameters on this unit are temperatures and pressures in different points of the
system, activation status and percentage capacity of the valves and compressors and electrical
power consumptions. Moreover, magnetic flow meters are installed on the return water lines of the
heat exchangers for heat recovery and air conditioning. The instant values of the monitored
parameters are measured and stored in an online database with different time intervals. Some
parameters which were not directly measured, such as the CO2 mass flow rates and the thermal
loads, were determined from a steady-state model of the refrigeration CO2 cycle.
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3.1.

Temperature and Pressure Measurements

As shown in Fig. 1, temperature NTC sensors are installed at the inlet and outlet of the main
components. Supply and return water temperatures at the heat exchangers dedicated to heat
recovery and air conditioning are measured too. The external ambient temperature, which affects
the regulation of the high pressure and the heat rejection to the external ambient, is measured at the
inlet and outlet of the gas cooler.
Relative pressure transducers are installed in the CO2 circuit at each pressure level. The low and
medium pressures are measured at the suction line of the CLT and CMT, respectively. The
intermediate pressure is measured in the upper side of the IPREC. The high pressure is measured
in two positions: at the discharge line of the CMT and CAUX and at the outlet of the gas cooler. An
additional pressure transducer is installed after the expansion valve of the external air-cooled
evaporator.
3.2.

Electrical Consumption

In this system, the electrical consumptions are measured for each compressor rack. When the total
rack power consumption needs to be divided among the working compressors, the method adopted
here is based on the power and mass flow rate polynomial expressions for the compressor series
SK3 and TK given by the manufacturer of the compressor. In these expressions, the mass flow rate
and the power absorbed by the compressor are given as a function of the evaporating temperature
at the suction and discharge pressure, at the nominal frequency of 50 Hz and 10 K superheating.
The coefficients of the polynomial expressions are obtained from laboratory tests according to the
European Standard EN 12900 (2013) and verified through field measurements. Corrections to
account for different superheating and frequency are applied as specified by the manufacturer. The
electrical power consumption of the fixed speed compressors can be calculated knowing the suction
pressure and temperature of each compressor and its activation status. The activation status of the
compressors is monitored and it can be verified by measuring the temperature of the CO2 at the
discharge lines of the compressors.
Once the power consumptions of the fixed speed compressors are calculated, the actual electrical
power consumptions of the variable speed compressors can be estimated.
The electrical consumption of the fans on the GC is determined by subtracting the estimated
electrical power consumptions of compressors and auxiliary devices (mainly pumps, evaporators,
fans and control system) from the total electrical consumption of the unit. The electrical power
consumption of the auxiliary devices is evaluated as the difference between the total and the
compressors electrical power consumption when the fans of the GC are off.
3.3.

CO2 Mass Flow Rate Evaluation

No flow rate sensors are installed in the CO2 circuit. The total mass flow rate of the CO2 flowing in
the line between the CMT, CAUX discharge collector and the IPREC inlet can be obtained by
applying energy balances at the external heat exchangers ACHE, SHWHE and SHHE.
The absence of CO2 mass flow meters requires an indirect method to evaluate the distribution of the
total mass flow rate in the different lines of the system. When the external temperature is lower than
25°C the CAUXs are usually not working, and the vapour mass flow separated in the IPREC is
entirely processed by the CMT. From the power consumptions of the fixed speed compressors, by
means of the power and mass flow rate polynomial expressions of the compressors given by the
manufacturer, the frequencies of the inverters can be estimated. Once the running frequencies and
the suction conditions of the compressors are known, it is possible to determine the mass flow rate
elaborated by the compressors. The measurements of the discharge temperatures are then used to
verify the estimated parameters. The vapour flow rate is easily determined since the vapour quality
at the IPREC inlet is known by assuming an isenthalpic expansion at the HPRV. The remaining of
the mass flow rate elaborated by the CMT comes from the CLT and the MT cabinets when the valve
of the EXTEV is closed. The mass flow rate flowing to the LT freezers is entirely elaborated by the
CLT. From the analysis of the data points acquired with a closed valve of the EXTEV, a relationship
between the actual number of running CMT, the frequency of the inverter serving the MT compressor
and the mass flow rate to the MT evaporators can be obtained. Under the assumption that the MT
cooling load is not influenced by the heat demand, this relationship may be used to determine the
CO2 flow rate at to the EXTEV accounting also for the measured opening degree of its valve.
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3.4.

Cooling and Heating Loads

The heating loads in the heat recovery and air conditioning heat exchangers are calculated by
knowing the mass flow rates and the enthalpy differences at the water side. The enthalpies of the
water are obtained from the measurements of the pressure and the inlet and outlet temperatures at
these heat exchangers.
The cooling loads of the systems are determined by estimating the CO2 mass flow rate and the inlet
and outlet enthalpies of the LT and MT lines. These enthalpies are calculated by measuring
temperature and pressure at the outlet of the IPREC and by evaluating the outlet conditions of the
evaporators. The evaporators outlet temperatures are difficult to measure due to a high number of
cabinets and freezers present in the supermarket. Hence, a number of cabinets and freezer is
selected and the outlet temperature for each device is measured. This approach was also adopted
by Sawalha et al. (2015). The analysis of the selected evaporators shows average superheating for
the LT freezers slightly higher than 11 K and close to 12 K for the MT cabinets. These average
values are taken as reference for all LT and MT evaporators. The CO2 flowing in the lines from the
evaporators to the compressors exchanges heat with the environment; this heat does not contribute
to the cooling capacity and usually has a negative effect on the performance of the system, because
it increases the suction temperature at the compressors. The return lines of the evaporators merge
in different points and their length may vary considerably, and therefore it is complicated to account
for the contribution of each line to the non-useful cooling. Hence, the total non-useful superheating
is evaluated by subtracting the estimated evaporators outlet temperatures from the temperatures at
the suction collectors of the CMT and CLT. The external evaporator does not give any contribution
to the cooling effect of the unit: the heat exchanged here and in the return line to the CMT is properly
accounted for.

4. RESULTS AND DISCUSSION
A first monitoring activity of the transcritical booster unit has been conducted from October 2017 to
September 2018, with a sampling time of 5 minutes. In this period, the measurements of the water
mass flow rates and electrical power consumption were not available. The data acquired in this
period were used to understand how the system works under variable boundary conditions and
variable loads.
Fig. 2a reports the outlet pressure at the gas cooler as a function of the external air ambient
temperature. When no heat recovery is required the gas cooler pressure is regulated as a function
of the external temperature. During the winter period, to increase the amount of heat available for
heat recovery, the pressure is increased over its critical value at around 8.5 MPa, forcing the system
to work in transcritical mode.

-a-bFigure 2: Monitored gas cooler outlet (a) and intermediate, medium and low pressures (b) as a
function of the external ambient temperature. The points were acquired with a time step of 5
minutes between October 2017 and September 2018
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Fig. 2b shows the pressures at LT and MT evaporators and flash tank receiver as a function of the
external temperature. The LT evaporators pressure is around 1.3 MPa (average value), which
corresponds to a saturation temperature around -33°C. The average pressure at the MT evaporators
is 2.7 MPa (corresponding to a saturation temperature around -9°C). The IPREC works at an
average pressure of 3.6 MPa and only at external temperature lower than about 2.5°C, the
intermediate pressure is reduced to avoid the presence of subcooled liquid entering the IPREC. The
control algorithms operate on compressors and valves to keep the pressure variations within 0.05
MPa. Greater fluctuations are due to the variation of the boundary conditions of the system.
The temperature approach point at the gas cooler is given by the temperature difference between
the CO2 at the outlet and the external temperature. For ambient temperatures lower than 5°C, the
measured gas cooler outlet temperature is very close to the external one and the average approach
temperature difference is less than 1 K. In subcritical conditions, the fans speed is regulated to obtain
a constant subcooling in the liquid at the gas cooler outlet. The average value of the subcooling
results close to 3 K.
To evaluate the performance of the system in winter conditions, a second monitoring campaign was
conducted. The measurements of the water mass flow rates and electrical power consumptions were
available. The results presented in this work refer to the monitoring period between 19 December
2018 and 19 January 2019. In this monitoring period, the sampling time has been reduced to 30
seconds and the monitored data were averaged every 5 minutes. The data collected in stable
conditions are filtered and used to evaluate the cooling (Fig. 3) and heating loads (Fig. 4), the
electrical consumptions (Fig. 5) and the COP (Fig. 6). The values of the COP for each data point are
calculated as follows:
𝑄𝑀𝑇 + 𝑄𝐿𝑇
𝐶𝑂𝑃𝑟𝑒𝑓 =
Eq. (1)
𝑃𝐶𝑀𝑇 + 𝑃𝐶𝐿𝑇
𝐶𝑂𝑃𝑡𝑜𝑡 =

(𝑄𝑀𝑇 + 𝑄𝐿𝑇 ) + 𝑄𝑆𝐻
𝑃𝐶𝑀𝑇 + 𝑃𝐶𝐿𝑇

Eq. (2)

where, QMT and QLT are respectively the cooling capacities at the MT and LT evaporators, QSH is the
space heating load and PCMT and PCLT are the electrical power consumptions of the CMT and CLT,
respectively.

Figure 3: Cooling loads at the LT, MT and
external evaporators vs. external temperature
(winter month)

Figure 4: Space heating load vs. external
temperature (winter month)

The influence of the external temperature on the LT and MT cooling loads (Fig. 3) and the heat
absorbed at EXTEV is limited. The cooling load at the LT evaporators shows a typical trend mainly
affected by the number of active compressors. Most of the data points were collected when two of
three compressors were working and the measured cooling load results close to its average value
(10 kW). Only few points refer to the conditions in which one or three compressors are running, with
a cooling load of 4 kW and 14 kW, respectively. The significant decrease in the heat absorbed in the
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MT evaporators and EXTEV that can be observed for external temperature lower than about 3°C is
caused by the reducing in the demand for space heating (Fig. 4) and required cooling capacity at
the MT cabinets that occurs during night-time. For temperature lower than 0°C the heat absorbed by
the MT and LT evaporators is sufficient to satisfy the space heating demand and the use of the
EXTEV is limited. The data points displaying a heat flow rate at the EXTEV equal to zero were
acquired when the valve at the EXTEV was closed
In Fig. 5 it can be observed that the two main electrical power consumptions of the system are those
of the CMT and the fans of the GC. In particular, the variation of electrical power consumption of the
CMT when a fixed speed compressor is switched on can be clearly recognised. Most of the time, at
low ambient temperature, the fans are regulated in order to provide a sufficient air flow rate to
evaporate the excess of liquid present in the IPREC through the EXTEV.
The total number of data points have been grouped considering external temperature intervals of 1
K (bin). For each bin, the average values of the refrigeration COP and total COP are calculated and
plotted in Fig. 6. The number of collected data points (external temperature frequency) at each
temperature range (bin) is also reported in the same figure. All the points reported in Fig. 6 refers to
operating conditions where the transcritical regime was forced. In these conditions, the cooling
performance of the system results strongly penalized. The average value of the refrigeration COP is
2.1. However, the benefit of working in transcritical regime can be appreciated accounting for the
heat recovery for space heating. The total COP presents an average value of 3.6. The average COP
values account for variable load and the same external temperature, which means variable heating
capacity and variable heat flow rates at the LT, MT and external evaporators. The refrigeration and
total COP increase with the external temperature, due to the decrease of the ratio between the
heating and the refrigeration loads.

Figure 5. Electrical power consumption of CLT,
CMT and fans of the GC vs. external
temperature (winter month)

Figure 6. Refrigeration COP, total COP and
external temperature frequency vs. external
temperature (winter month)

5. CONCLUSIONS
The results of the monitoring activities of a CO2 refrigeration unit capable to satisfy both the cooling
and heating demands of a supermarket located in Southern Europe have been presented.
A first monitoring activity of the transcritical booster unit was conducted from October 2017 to
September 2018. A second monitoring activity was carried out between December 2018 and January
2019. The data collected under stable conditions allow to evaluate the performance of the system
working in transcritical operation while providing refrigeration and heating.
The average values of the refrigeration COP and total COP calculated at each temperature interval
increase with the external temperature. Their average values are equal to 2.1 and 3.6 for the
refrigeration COP and the total COP, respectively. During daytime, the cooling and heating loads
present small variations around their average values. The cooling capacity at the MT cabinets and
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the space heating load decrease in the night-time. The two main electrical power consumptions of
the system are those of the MT compressors and the fans of the gas cooler. Data show that the
effect of the outdoor temperature on the performance of the unit is limited because during the winter
month the system is forced to work in transcritical conditions to provide space heating to the
supermarket.
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ABSTRACT
The complexity of CO2 layouts for commercial refrigeration installed in warm climates, integrating
also air conditioning and heating, with different load ratios, poses challenges in evaluating and
comparing energy performances. Both analysis based on first or second law of thermodynamics
requires the measurement of refrigerant mass flow rate to straight forward evaluate useful effects. A
low-cost, reliable and low intrusive option to measure CO2 volume flow will be illustrated,
demonstrating the use of not-in-kind sensors in commercial refrigeration systems. Signals coming
from the field might be used to evaluate the system performance, i.e. Coefficient of Performance and
exergetic efficiency, and potentially to promptly identify anomalous working conditions leading to
inefficient operations or failure. Field data will validate the possibility of identifying the system
performance and its health status using a limited amount of signals and filtering them through proper
figures.
Keywords: Refrigeration, Carbon Dioxide, Compressors, COP, Evaporators, Energy Efficiency.

1. INTRODUCTION
Commercial refrigeration with CO2 has rapidly and widely spread in the last years, reaching near
14.000 installation in Europe in early 2018, according to Shecco, 2018. Different layouts have been
developed, to provide the market with suitable solutions, according to the climate or utililsation. In
particular, integrated solutions providing refrigeration, air conditioning and heating are currently
required from the market, due to their cost and performance competitiveness, as demonstrated by
Karampour and Sawalha(2018).
Although detailed and reliable simulation models are developed by many research groups and
companies, there is an increasing demand for performance data collected in the field. Field Data can
assure the market about feasibility, reliability, energy efficiency of CO2 integrated systems
(Multipack, 2019) and promote fast transition to low environmental impact solutions in the food retail
sector by awareness raising (SuperSmart, 2019).
Monitoring Systems and Monitoring Solutions are commonly used to refer to a wide range of different
systems, with different characteristics and features. Based on their capabilities and scopes, three
different categories can be identified, i.e.Monitoring Systems, Remote Control and Planning Systems
and Integrated and Optimized Control Systems. Monitoring systems centralize the data, make non
conformal or fault data available to head quarters, which can identify the right procedure to fix the
problem. Control systems allow remote operation reducing the need for on-site service; remote
control can be used as planning tool and set-ups can be changed or reset autonomously by the
system under given conditions. Integrated control systems can handle more complex planned
operations and they can take advantage of sub-system interactions.
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Monitoring systems are powerful tools for management, providing a centralized database and
representing an effective tool to improve food quality (continuous temperature monitoring and
recording) and reduce food waste (prompt identification of non-conformal system behaviours).
Control systems include all the functionalities of monitoring systems, they allow to act on the system
parameters in the local controllers and permit to define a virtual control room accessible form multiple
platform (PC, Tablet…). Access to this environment can be granted to specialized technicians,
consultants, suppliers, thus reducing service time and improving the overall system performance.
Control systems represent the simplest type of Smart Systems and their natural development is
represented by integrated and optimized control systems; they can positively impact on different
aspects such as energy saving, food quality, system reliability, nevertheless they require high
integration and high overall complexity.
Monitoring & Control Systems are themselves subsystem that need maintenance and constant
attentions as all the other subsystems. They can provide significant improvements, but only if used
and interpreted by trained and professional personnel with expertise in data analysis and HVAC&R
systems.
The huge amount of data coming from the field can actually represent an obstacle to the obtainment
of the benefits deriving from remote monitoring and control, if data are not properly filtered and
processed by experienced people.
In addition, the increasing complexity of CO2 system layouts calls for even higher expertise level and
by the wide range of designs offered by the market.
According to the past gained experience, it seems relevant to try to provide commercial refrigeration
with reliable and sustainable monitoring systems and to offer an insight into some parameters that
could offer a future sharable way of interpreting and comparing system performances, as well as
highlighting operations that might not follow design requirements.

2. CASE STUDY
For the present study a supermarket included in the Multipack project has been selected. MulitPACK
[2019] is an EU project demonstrating and building up confidence for standardised integrated cooling
& heating packages installed in high energy demanding buildings. The overall aim of MultiPACK is
devoted to demonstrate performances of the integrated CO2 vapour compression packs at a
commercial level through full-scale applications at the end-users in Southern Europe. Namely, the
concept of multifunctional Heating, Ventilation, Air Conditioning and Domestic Hot Water (HVAC &
DHW) units are demonstrated for a group of various commercial and public high-energyconsumption buildings throughout Southern Europe, while refrigeration prioritized packs for
supermarkets are proven in three medium size shops located in Portugal and Italy. The supermarket
which is considered in this paper is located in central Italy.
2.1.

System Layout

The system overall layout is presented in Fig. 1. The unit is based on a booster concept with parallel
compression and expansion work recovery by means of ejectors for both vapour pre-compression
(10) and liquid recirculation (9).
Semi-hermetic compressors are installed, three each rack of compression level: Medium
Temperature MT(1), Low Temperature LT(3), Auxiliary (2). For each rack, one out of the three
compressors are inverter driven to allow a smoother capacity modulation.
The unit also satisfies the heating and the cooling loads of the supermarket by means of an Air
Handling Unit AHU (11), in which CO2 directly flows in to heating and cooling coils. In winter time, a
three way valve (12) deviates CO2 to the AHU coil if requested by the building temperature control,
consequently high pressure is increased. If the heating demand exceeds the heat recovered from
the refrigeration system, the heat pump mode is activated, i.e.the external evaporator (6) is fed with
liquid from the receiver (7). The heat pump mode, supported by dedicated auxiliary compressor, can
work independently from those removing flash gas, thanks to the solenoid valve (16) In summertime,
the AHU cooling coil is fed with two-phase refrigerant expanded through the electronic expansion
valve (17), which is thermostatically controlled. Post –heating is also provided by CO2 in
summertime.
A liquid receiver (7) is located after the expansion valve, able to manage charge variations in the
circuit and to provide sufficient liquid head to circulate CO2 into the two refrigeration lines. In case of
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liquid flow back from MT evaporators, due to the adopted Electronic Expansion Valve EEV control,
the liquid accumulated in the suction liquid receiver (13) is pumped back to the receiver (7) by liquid
ejectors.

Figure 1: System lay-out

2.2.

Measuring Devices

Following the requirements from the MultiPACK project, the system is fully equipped with measuring
instruments, for pressure, temperature, refrigerant mass flow and compressor input power
measurements. The location of the instruments is referenced in Figure 1, where temperature probes
are indicated with a square and pressure sensor with a circle.
There are 18 commercial type NTC 10 kΩ ±1% at 25 °C Beta 3435 sensors, whose manufacturer’s
declared precision is ±0.5°C at 25°C and ±1.0°C in the range -40°C to +90°C. Pressure is measured
with six commercial type piezoresistive pressure transmitters (circle in Figure 1), with accuracy
ranging from ± 1%FS to ± 4 %FS, depending on temperature level pressure sensors have FS 60 105
Pa, except those on high pressure side (150 105 Pa).
In order to evaluate the total electric power input, three-phase electric power meters are located
before each compressors rack to measure the power input to Low Temperature (PLT), Medium
Temperature (PMT), and Auxiliary (PAUX) compressors. Their accuracy is ± 0.5 % FS (FS is 24 kW for
LT compressor rack and 120 kW for MT and AUX compressor racks). The status of every single
compressor and the inverter frequency are also acquired. The total power input to the system,
including auxiliaries (fans, pumps, valve motors,..) is monitored.
Two Coriolis mass flow meters (M) are placed on the liquid lines, the first (M1) one measures both
MT and LT CO2 mass flow, the second one (M2) is dedicated to MT flow. Their accuracy is 0.1% of
the actual flow. On the AHU side, eight temperature and relative humidity sensors are installed to
measure enthalpy differences before and after the coils, together with building return air and external
air temperature and humidity. A hot wire anemometer (accuracy ± 0.2 m/s+3% of measured value)
is installed on the main air duct, to measure air velocity of the whole air volume flow, so it is possible
to calculate the total cooling and heating power provided by the unit. The accuracy of the RH probes
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is ± 3% and of the reading (temperature range 0 -40°C, RH up to 90%) and ± 0.5 °C for temperature
from+10°C to+30 °C.

3. PERFORMANCE EVALUATION
The variety of technical solutions offered by manufacturers as an alternative to F-gases banned from
2020 (like R-404A) and the availability of very new integrated solutions for refrigeration and air
conditioning based on CO2 require a comparison of systems in terms of energy efficiency, rather
than energy consumption. It claims for experimental methodologies, as consolidated and validated
models for those systems are not yet available or affordable or, if available, they are not easily
applicable to different systems, as they are typically tailored and validated on a specific site.
To this extent, the performance evaluation is based on measured values of power input and cooling
capacity and remote monitoring and subsequent data processing play a major role.
Both first and second law of thermodynamics efficiencies are presented, in order to evaluate the best
approach.
The second law approach in commercial refrigeration systems analysis, which compares the actual
power input to the ideal one, i.e. the Carnot one, to provide the same useful effect, has been explicitly
proposed by the EU project SuperSmart.
To the Authors’ knowledge, it has been first applied, based on experimental data from the field, by
Blust et al, 2018.
When considering the MT cycle, the first law Coefficient of Performance COP follows the definition
of equation (1), taking into consideration all useful effects with respect to the power input to get it.
With reference only to refrigeration, COP has been defined for the MT cycle, considering also the
heat rejected to the MT circuit from the LT one, i.e. 𝑄̇𝐿𝑇 + 𝑃𝐿𝑇 − 𝑄̇𝑑𝑠 , being 𝑄̇𝑑𝑠 the heat rejected to
the desuperheater (18).
𝐶𝑂𝑃𝑀𝑇 =

𝑄̇𝑀𝑇 +(𝑄̇𝐿𝑇 +𝑃𝐿𝑇 −𝑄̇𝑑𝑠 )
𝑃𝑀𝑇 +𝑃𝐴𝑢𝑥

Eq. (1)

The above definition is not valid when there is cooling at AHU (𝑄̇𝐴𝐶 ).In heating season, if (𝑄̇𝐻 >
0 ˄ PAux>0), Eq (1) is not applicable; however, if the status of the auxiliary compressors removing
vapour from the flash tank (7) is off, Eq (1) can be used imposing PAux=0 because auxiliary
compressors are only working for heating purposes.
For the LT cycle, only the power input to the LT compressors has been considered, thus defining the
COP of the low stage cycle:
𝐶𝑂𝑃𝐿𝑇 =

𝑄̇𝐿𝑇

Eq. (2)

𝑃𝐿𝑇

Finally, a total COPtot, considering useful effects at every temperature level follows the equation:
𝐶𝑂𝑃𝑡𝑜𝑡 =

𝑄̇𝑀𝑇 +𝑄̇𝐿𝑇 +𝑄̇𝐴𝐶 +𝑄̇𝐻
𝑃𝑀𝑇 +𝑃𝐿𝑇 +𝑃𝐴𝑢𝑥

Eq. (3)

On the other hand, secondo law efficiency relates the actual power input to the ideal minimum value
to get the same useful effect, i.e. the Carnot Power, which results in taking care of the temperature
level of each heat sink and source.
Equation (3) might then be reformulated as:

𝜂𝑡𝑜𝑡 =

𝑃𝐶,𝑀𝑇 +𝑃𝐶,𝐿𝑇̇ +𝑃𝐶,𝐴𝐶 +𝑃𝐶,𝐻
𝑃𝑀𝑇 +𝑃𝐿𝑇 +𝑃𝐴𝑢𝑥

𝑇𝑎𝑚𝑏
𝑇
𝑇
𝑇
−1)+𝑄̇𝐿𝑇 ( 𝑎𝑚𝑏 −1)+𝑄̇𝐴𝐶 ( 𝑎𝑚𝑏 −1)+𝑄̇𝐻 (1− 𝑎𝑚𝑏 )
𝑇𝑀𝑇,𝑟𝑒𝑓
𝑇𝐿𝑇,𝑟𝑒𝑓
𝑇𝐴𝐶,𝑟𝑒𝑓
𝑇𝐻,𝑟𝑒𝑓

𝑄̇𝑀𝑇 (

=

𝑃𝑀𝑇 +𝑃𝐿𝑇 +𝑃𝐴𝑢𝑥

Eq. (4)

Where the reference temperatures 𝑇𝑀𝑇,𝑟𝑒𝑓 , 𝑇𝐿𝑇,𝑟𝑒𝑓 , 𝑇𝐴𝐶,𝑟𝑒𝑓 , 𝑇𝐻,𝑟𝑒𝑓 for MT, LT, AC and space Heating
might be respectively 273.15 K, 251.15 K, 299.15 K, and for heat recovery 294.15 K, considering
the standard prescriptions of 26°C and 21°C air temperature during cooling and heating seasons,
respectively.
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In general terms, while the second law approach mitigates the effect of outdoor temperature with
respect to COP approach, which shows huge variations of the same system performance at equal
Load Ratio (𝐿𝑅 = 𝑄̇𝑀𝑇 /𝑄̇𝐿𝑇 ) when changing outdoor temperature, it completely reverses the effect of
load ratio variations at the same operating conditions. This means that, while the COP decreases
when decreasing the load ratio, the exergetic efficiency might have a different trend depending on
MT and LT performances. Similar considerations can be applied also to AC and heating loads, in
the case of heating pump mode.
The parametric analysis of the impact of boundary conditions, including load ratio, on the first and
second law efficiencies dares a dedicated effort; this manuscript just aims at presenting the
alternative approaches, to be eventually implemented in remote monitoring, and at showing the
calculated values of the reference system.
The thermal loads to be used equally in equations 1, 2, 3 and 4, are calculated, using measured
values of total refrigerant mass flow rates to the MT, LT and AC sections, taken at the inlet of each
distribution line and the enthalpy of the refrigerant before and after the MT, LT and AC evaporators.
Power inputs are also measured at compressor racks.
3.1.

Performance Measurements in the Field

The field test started in December 2018, thus providing us, so far, with winter operations, i.e.
subcritical conditions or transcritical with heat recovery or heat pump mode.
The main peculiarities of the registered working conditions are the high MT evaporation temperature
(-5°C), together with the quite low load ratio 𝐿𝑅 = 𝑄̇𝑀𝑇 /𝑄̇𝐿𝑇 , with respect to similar installations in
Italy (D’Agaro et al., 2019, Dugaria et al., 2019).
Fig. 2 reports the trend of thermal loads during a 24hours period, clearly showing that, during the
nightime the AHU is switched off. Although the data acquisition time step was set to 1 min, due to
connection issues, some acquisitions were not stored; nevertheless, the presented data are
obtaining by moving average over a 60 min. period.

Figure 2: Cooling and heating loads during a
24h period

Figure 3: COP and tot during a 24h period

First law COPs, as defined in equations (1-3) are reported in Fig. 3, together with total efficiency
(equation 4).
Table 1 shows the average values of the working conditions and measured performance (useful
effect) values for data illustrated in Figs. 3 and 4, over the all stable period; COP and efficiency is
calculated considering the total energy values over the stable period.
It is worth observing how the COPtot and tot can provide different information when considering the
proposed boundary conditions. While the first law approach is commonly used, the second law one
requires more use to get acquainted to it.
It is worth reminding that both first and second law approaches require the values of refrigerant mass
flow rates in the involved lines. As pointed out by Minetto et al.(2018), the evaluation of refrigerant
mass flow rates with compressor curves, despite sufficiently accurate in the case of simple systems,
might not be easily applicable in complex layouts, such as those involving ejectors.
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Table 1. Measured values of boundary conditions and performances during winter operations
22/12/2018
22-23/12/2018
12/12/2018
12-13/12/2018
Tamb
(°C)
14.5
14.2
10.6
9.9
TevMT
(°C)
-4.6
-5.0
-4.9
-5.1
TevLT
(°C)
-31.3
-30.2
-30.4
-30.9
Tevaux
(°C)
2.6
-0.8
pgc
(105 Pa)
70.3
55.8
77.3
53.7
QMT
(kW)
35.0
24.2
31.4
22.4
QLT
(kW)
13.4
19.4
16.9
14.5
QH
(kW)
30.9
49.3
LR
(-)
2.6
1.2
1.9
1.5
COPMT
(-)
2.7
5.3
3.2
6.3
COPLT
(-)
3.8
3.7
4.0
4.1
COPtot
(-)
3.6
3.3
4.4
4.0
tot
(-)
0.20
0.29
0.23
0.27

4. FLOW METER: A PROPOSAL
As it emerges from the previous sections, the measurement of refrigerant mass flow is crucial to
define the useful effects of the system and classify it according to first or second law approach.
Installing flow meters in commercial refrigeration systems is not common practice; therefore, there
have been no specific developments for providing the market with reliable, sufficiently accurate,
small and low cost sensors, to be finally included in remote monitoring systems.
Flow meters for fluids based on the hot wire anemometer principle are available on the market;
however their size and their cost does not make them suitable for large scale application, especially
when many sensors are required in the same system, as in the case of complex layouts as the one
of Fig. 1.
In the following section, the theoretical analysis of an in-house flow meter dedicated to the application
is presented.
4.1.

Schematic Description
Table 2. Circuit sizing
Resistor
Nominal Resistance
R1
R2
Rx
RptH
RptT

500 
50 
15 
100 
1000 

Figure 4: System sketch

The proposed sketch in Fig. 4 presents the sensor electrical circuit, which is based on the constant
temperature hot wire anemometer principle. The anemometer is composed of two sensors: The first
is the velocity probe (Rpt H in Figure 4) and the second is the temperature compensation sensor (Rpt
T in Figure 5). In the proposed set-up both sensors are platinum resistors. Due to the high pressures
and possible mechanical stress given by oil droplets or pressure fluctuations, both the probes are
assumed to be enclosed at the top of cylindrical stainless steel housing.
The Voltage signal ∆V1 represents the velocity signal. The second output Voltage channel ∆V2 is
used to obtain a reading on the temperature compensation probe, which expected to be more precise
than the temperature measures available on the field, being inside the fluid flow.
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4.2.

Expected performance

In order to correctly design the Wheatstone bridge, and to assess the overall precision of this sensor,
numerical simulation were run. The system is resolved imposing the energy equilibrium of the probes
heating element (Equations 5 and 6) and the Wheatstone bridge equilibrium between points A and
B (Equation 7):
𝑖𝐻2 𝑅𝑝𝑡𝐻 = (

Δ𝑉1
𝑅2 +𝑅𝑝𝑡𝐻

𝑖 𝑇2 𝑅𝑝𝑡𝑇 = (

2

) 𝑅𝑝𝑡𝐻 = 𝛼𝐴(𝑇𝑝𝑡𝐻 − 𝑇𝐶𝑂2 )

Δ𝑉1

𝑅1 +𝑅𝑥 +𝑅𝑝𝑡𝑇

𝑖𝐻 𝑅2 =

Δ𝑉1 𝑅2
𝑅2 +𝑅𝑝𝑡𝐻

2

) 𝑅𝑝𝑡𝑇 = 𝛼𝐴(𝑇𝑝𝑡𝑇 − 𝑇𝐶𝑂2 )
=

Δ𝑉1 𝑅1
𝑅1 +𝑅𝑥 +𝑅𝑝𝑡𝑇

= 𝑖 𝑇 𝑅1

Eq.(5)
Eq.(6)
Eq.(7)

Equations 5-7 allow to solve the three unknown Δ𝑉1 , 𝑇𝑝𝑡𝑇 and 𝑇𝑝𝑡𝐻 , once the dependency on
temperature of the resistors 𝑅𝑝𝑡𝑇 and 𝑅𝑝𝑡𝐻 , and the convection coefficient 𝛼 are defined. The
Callendar–Van Dusen equation was used to describe the Pt sensor sensitivity to the temperature.
Convective heat exchange coefficient was computed applying the flat-plate correlation, using the
probe diameter as reference length.
The output signal was then computed, assuming four different installation points: the MT line
(subcooled liquid), the LT return line (superheated vapour), the compressors rack outlet line (GLin
and GCin sup) and the gas cooler return line (GLout and GCout sup). As the refrigeration unit can work in
both super critical and subcritical cycle, a total of six reference conditions has been studied.
Table 3. Reference conditions and
equilibrium sensors temperatures
MTL
LTV
𝑝 = 38.0 bar
𝑝 = 13.8 bar
𝑇𝐶𝑂2
𝑇
-2.3 °C
3.2 °C
𝐶𝑂2
𝑇𝑝𝑡𝑇
𝑇𝑝𝑡𝑇
-1.8 °C
3.6 °C
𝑇𝑝𝑡𝐻
𝑇𝑝𝑡𝐻
2.0 °C
7.4 °C
GCin
GCout
𝑝 = 64.8 bar
𝑝 = 64.8 bar
𝑇𝐶𝑂2
69.4 °C 𝑇𝐶𝑂2
16.5 °C
𝑇𝑝𝑡𝑇
69.9 °C 𝑇𝑝𝑡𝑇
16.9 °C
𝑇𝑝𝑡𝐻
73.8 °C 𝑇𝑝𝑡𝐻
20.8 °C
sup.
crit.
sup.
crit.
GCin
GCout
𝑝 = 100.0 bar
𝑝 = 100.0 bar
𝑇𝐶𝑂2 120.0 °C 𝑇𝐶𝑂2
40.0 °C
𝑇𝑝𝑡𝑇 120.4 °C 𝑇𝑝𝑡𝑇
40.4 °C
Figure 5: Expected output voltage difference ∆V1 for in
different measuring points in the system
𝑇𝑝𝑡𝐻 124.4 °C 𝑇𝑝𝑡𝐻
44.3 °C
The expected output signals Δ𝑉1 are presented in Fig. 5, while in Table 3 reports used reference
conditions, as well as the equilibrium temperature for the sensors. The highest signals can be
obtained in the liquid lines (or the dense vapour when supercritical condition is considered), thanks
to the higher heat exchange coefficient. The Value of resistance Rx in the Wheatstone bridge defines
the temperature difference between the sensors. The use of a 15  resistor results in a temperature
difference 𝑇𝑝𝑡𝐻 − 𝑇𝑝𝑡𝑇 ≅ 4 K, while the difference between the temperature sensor and the actual
flow temperature is 𝑇𝑝𝑡𝑇 − 𝑇𝐶𝑂2 ≅ 0.4 K. In order to avoid phase change in the high temperature
sensor, the difference 𝑇𝑝𝑡𝐻 − 𝑇𝐶𝑂2 (approximatively 4.4 K) should be lower than the subcooling of the
liquid, while no restriction is present when the vapour or the supercritical condition are considered.
As result of the sensitivity study in Figure 6, the proposed sensor seems a feasible alternative to the
much expensive flow meter M1 and M2 (Figure 1), when sufficient subcooling is present The
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measurement taken in the supercritical region (GCin
determination of QH.

sup.)

might pose some challenges for the

5. CONCLUSIONS
In this manuscript, data collected from remote monitoring of a fully instrumented Integrated
Refrigeration unit based on CO2 have been processed to evaluate energy performance both on a
first and second law of thermodynamics approach. The second law approach can offer the
opportunity of weighting the different useful effects, based on their temperature level and on load
ratios. The two methodologies can propose a different insight and dare a further detailed sensitivity
analysis. Refrigerant mass flow measurement is the straightforward way to evaluation of cooling and
heating loads and should be included in remote monitoring. However, reliable, small and low-cost
sensor for large scale implementation is a key issue. A new sensor based on the hot wire
anemometry, potentially small and low cost, is presented and its performances theoretically
evaluated according to the actual location it might have in the real plant. According to the proposed
arrangement, location in the liquid line to MT and LT cabinets offers encouraging results.
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ABSTRACT
This paper reports the results of experimental tests performed according to ISO 23953 in vertical
open and closed refrigerated display cabinets (VORDC vs. VCRDC). Tests were performed at a
mild climate class (n. º 3: T=25°C; φ=60%) and a tropical one (n. º 6: T=27°C; φ=70%). The direct
energy consumption is 46% higher at VCRDC due to the heated glass doors frame and defrost
heaters. The product simulator temperature is higher and more stable at VORDC. The highest
product simulator temperature is lower (-1.4°C) at the VCRDC and less stable (+2.7°C variation)
due to the opening doors period. The total mass of condensed water at the evaporator is reduced
87% and the total heat load is 77% lower at the VCRDC. Thus, the estimated total energy
consumption is reduced 42%. Given the current concerns with energy consumption and
sustainability of the heat exchange processes, the VCRDC provide the best solution.
Keywords: Air Curtain, Climatic Chamber, Closed Cabinet, Experimentation, Open Cabinet.

1. INTRODUCTION
In general, refrigerated displays cases are designed and certified to operate in supermarkets that
have ambient air conditioning, the European industry considers the mild climatic condition of dry
bulb temperature and humidity of Ta = 25°C and φa = 60% (climate class n.°3 - ISO 2395, 2015) as
standard for approval pattern of this type of equipment (critical summer condition). In practice,
there are stores located at semi-tropical or tropical climate regions without ambient air conditioning,
therefore, more adverse conditions of air temperature and humidity are regularly found. To meet
this demand, the ambient air condition of Ta = 27°C and φa = 70% (climate class n.° 6 - ISO 23953,
2015) was defined as the climatic class of tropical climates for conducting the experimental tests.
Refrigerated display cases are usually classified on vertical, semi-vertical, horizontal and
combined; which can be closed or opened to the store environment; for self-service or not. Open
refrigerated displays cases are those whose products access occurs without the need to open
doors or lids and closed refrigerated displays cases are the opposite (ISO 23953, 2015). Vertical
open refrigerated displays cases (VORDC) are the most susceptible classification to problems due
to ambient temperature oscillation and local air humidity. Since the external air infiltration is the
most relevant aspect of the refrigeration load which is between 67 and 81% (Faramarzi, 1999,
Gaspar et al., 2011 and Chieffo et al., 2018), therefore, the surrounding ambient influence on the
performance and energy consumption of this type of equipment should be analyzed carefully in
order to minimize the thermal exchange between the external (environmental) and internal
(refrigerated space) air, therefore, optimize the overall operation of the VORDC (Gaspar et al.,
2010, Chen et al., 2011, Cao et al., 2011, Laguerre et al., 2012, Nascimento et al., 2015 and
Nascimento et al., 2016). Nowadays the VORDC are being replaced or retrofitted by the vertical
closed refrigerated display case (VCRDC), i.e., with glass doors to reduce the energy
consumption. Orlandi et al. (2013) quantify by computational fluid dynamics simulations the
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VCRDC heat load components. Evans (2014) compiled a series of studies related to the
installation and/or retrofit using VCRDC that can reduce the refrigeration load by 25 to 86%. The
insertion of a physical barrier between the consumer and the exposed products is the main
negative impact provided by the door glass that may reduce the product sales. Nevertheless,
Frickie and Becker (2010) concluded that the installation of VCRDC do not have effect on product
sales, but may improve the food safety and eliminate the cold aisle effect.
Comparing the VORDC and the VCRDC performance based on experimental results, the present
work aims to assists the refrigerated display cases design and operation mainly in countries that
have a high thermal amplitude from region to region and in stores that do not have equipment to
control the temperature and the humidity of the ambient air. The results of experimental tests,
performed according to ISO 23953 in VORDC and VCRDC at climate classes n.º 3 (Ta = 25°C;
φa = 60%) and n.º 6 (Ta = 27°C; φa = 70%), evaluate the influence of double glass doors in the
direct energy consumption, product simulator temperature, evaporator total condensed water
mass, total heat load and total energy consumption.

2. EXPERIMENTAL PROCEDURE
Experimental tests were conducted in an environmental test chamber constructed according to ISO
23953 (2015) shown in Fig. 1. There is an air treatment to keep the air temperature and humidity
surrounding the display cases at the climatic class n.° 3 (Ta = 25°C; φa = 60%) or at the climatic
class n.°6 (Ta = 27°C; φa = 70%). The air treatment steps are cooling, heating and humidification,
which are carried out respectively by an evaporating coil, heating devices and water vapor mixed
to the airflow on the ducts. The test room is a thermally insulated parallelepiped shaped space in
which two of the opposing sidewalls are designed to provide a uniform horizontal airflow
(va = 0.1 to 0.2 m.s-1) through the room.

Figure 1: Environmental test chamber

The refrigerated display cases manufacturer recommends an evaporation temperature of -10±1 °C,
when the VORDC and VCRDC are used for displaying fresh meat products, which temperature
should be maintained between -1°C and +5°C (ISO 23953 class M1). The tested VORDC has
2.62m×2.12m×1.10m with a dual air curtain and 4 shelves as shown in Fig. 2a. The tested VCRDC
has 3.82×2.10m×0.92m with six doors and four shelves as shown in Fig. 2b. The VORDC has 2.50
meters and the VCRDC has 3.75 meters of useful length (x). This industry field develop the display
cases to be modular. In this case, the equipment lengths could be multiples of 1.25m, and the fans,
lighting and heaters are proportionally disposed. Thus, the condensed water mass comparisons
will be made per unit of length. One of the main functions of refrigerated cases is display as many
products as possible into the smallest available display area, so the energy consumption
comparisons will be based on the Total Display Area (TDA) of the equipment.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3526

(a)
(b)
Figure 2: Tested refrigerated display cases: (a) VORDC and (b) VCRDC

The VCRDC needs a special device to open doors automatically, each door must open once every
ten minutes. The total duration of each door opening should be 6 seconds. Opening to an angle
greater than 60° should last 1 second, 4 seconds of open door (> 60°) and 1 second for closing.
The door opening test period should be 12 hours per day (ISO 23953, 2015).
Each test period lasted 24 hours and was repeated three times. The mass of water condensed
during defrost was manually collected and measured in each test period. The temperature and
pressure were collected on the suction and liquid lines to measure the R22 refrigerant enthalpies,
and a Coriolis flowmeter was used to measure the outlet mass flow of the liquid coolant,  𝑚! , that
passed through the evaporator during each operating period. The warmest product simulator
temperature is collected to classify the refrigerated display cases as function of the displayed
required product temperatures.
The remote refrigeration system is composed by a cooling tower and a hydraulic pump that drives
the water used to draw heat from the cooling system in the condenser. A control valve, which
keeps the condensing temperature approximately constant (39±1 °C), controls the water flow. The
compressor pack was maintained in the same operating condition (evaporation pressure) by an
inverter and there is no controller to stop the compressor work, i.e., there is no solenoid valve or
set-point control at the refrigerant liquid line, thus the display cases are at the maximum possible
refrigeration capacity during all the tests period. The compressor is only turned off when the
defrosting process begins.
ISO 23953 (2015) defines the equations to calculate the TDA and the energy consumption
indicators: Direct daily electrical Energy Consumption, DEC (kWh.24h-1); Refrigeration daily
electrical Energy Consumption, REC (kWh.24h-1); Total daily electrical Energy Consumption, TEC
(kWh.24h-1); and Specific daily electrical Energy Consumption, SEC = TEC/TDA (kWh.24h-1.m-2).
The TDA is based on the display case length and on the horizontal (open – Ho and glazed - Hg)
and vertical (open – Vo and glazed - Vg) projections dimensions (Fig. 2), i.e., the parameter that
allows the comparison between product visualization and energy consumption, even between
different types and lengths (x axis, open or glazed) of refrigerated display cases. The DEC includes
the energy consumption of fans, heaters and lighting and is evaluated from its electrical power and
respective operation times. The REC is calculated based on the total heat load to estimate the
compressor energy consumption on a standard operational compressor condition. In its turn, the
total heat load is calculated from the mass flow of the refrigerant fluid that passes across the
evaporator during each operation period and the corresponding enthalpy change. The TEC is the
sum of DEC and REC. In order to compare the VORDC and the VCRDC performance, as they
have different lengths, the specific energy consumption indicators were used based on the total
display area.
Table 1 shows the experimental tests (ET) conditions. The comparisons between experiments are
based on the electrical nominal data, warmest product simulator temperature, total mass of
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condensed water on the evaporator fins, total heat load and energy consumption (direct,
refrigeration, total).
ET
01
02
03
04

Table 1. Experimental tests

Display case
VORDC
VORDC
VCRDC
VCRDC

Climate class
3 (25°C/60%)
6 (27°C/70%)
3 (25°C/60%)
6 (27°C/70%)

3. ANALYSIS AND DISCUSSION OF RESULTS
3.1 Operational and Direct Energy Consumption Data
The constructive and operational differences between the VORDC and VCRDC are presented in
Table 2.
Table 2. Constructive and operational data of VORDC and VCRDC

Constructive and operational data
Evaporation mean temperature (°C)
Number of daily defrosts
Defrost duration (min)
Defrost type
Fans power (W)
Anti-sweat heaters power (W)
Lighting power (W)
Defrost heaters power (W)
Total electrical power (W)
Direct energy consumption- DEC (kWh.24h-1)
Total display area – TDA (m²)
Specific direct energy consumption SDEC (kWh.24h-1.m-2)

VORDC
-10
10
12
Natural
318
0
32
0
350
8.02
4.24
1.89

VCRDC
-10
2
25
Electrical
159
472
48
2200
2879
17.56
5.63
3.12

The number of daily defrosts has been reduced from 10 to 2, because the doors are a much more
efficient barrier than just the air curtain to the external air infiltration, which also explains the
reduction in fans power. The LED lighting used in the tests was proportional based on the display
case length. The refrigerated display cases are designed to operate in tropical climates, so there
are anti-sweat heaters to prevent the water condensation on the frames of the double glass doors.
During night and closed-door defrost periods, there is less ambient air infiltration and,
consequently, a difficulty defrost without heating the air, so defrost heaters are used in the VCRDC
evaporators. Thus, the total installed electrical power of the VCRDC is 8 times higher than the
electrical power installed in the VORDC. However, it must be pointed out that defrost heaters are
turned on only for 50 minutes per day.
3.2 Product Simulator Temperature
The VORDC show higher and more uniform product storage temperature values because the
infiltration of external air into the refrigerated space is constant throughout the operation period
under the test conditions. The VCRDC test show lower temperature values of the product
simulators and with considerably variation due to the periods with and without door opening
(Fig. 3). During the door opening period, product temperatures range up to 2.7°C due to the
external air infiltration into the refrigerated space. The warmest product simulator is the most
representative temperature to classify the refrigerated display cases as function of the displayed
required product temperatures. Thus, comparing the ETs in climatic class n.° 3 (ET01 and ET03),
the maximum temperature of the warmest product simulator is 1.4°C lower in VCRDC tests. In the
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climatic class n.° 6 experimental tests (ET02 and ET04), the maximum temperature of the warmest
product simulator is 1.0°C lower in the VCRDC tests. Thus, the two displays meet the standard
temperatures (class M1, from -1.0°C to +5.0°C), but the VCRDC presents lower product
conservation temperatures.

Figure 3: Warmest product simulator temperatures

3.3 Condensed defrost water
As much for VORDC as for VCRDC, when the climactic class changes from n.° 3 to n.° 6 (ET01
vs. ET02; ET03 vs. ET04) occurs an increase of approximately 46 % in the evaporator condensed
water mass. However, the absolute quantity is quite different as shown by the same environmental
condition tests (ET01 vs. ET03; ET02 vs. ET04), the water and ice formation in the VCRDC
evaporator is reduced by 87% (Fig. 4). Therefore, the drastic reduction in the amount of defrost
water due to the doors use is fundamental to increase the efficiency of refrigerated display cases
once the air infiltration is decreased. This situation also allows to reduce the stops required to
defrost the evaporator, and, consequently, reduces the temperature pull-down energy
consumption.

Figure 4: Defrost condensed water mass

3.4 Refrigeration Energy Consumption
The VCRDC total heat load is substantially reduced due to the increased protection provided by
the doors use. The air infiltration reduction reduces mainly due to the latent heat load decrease as
less moisture exists at the refrigerated space. Fig. 5 shows the SREC in each of the ETs.
The SRECVORDC increases 25% when the climatic class changes from n.° 3 to n.° 6 (ET01 vs.
ET02) while the SRECVCRDC increases 12% (ET03 vs. ET04). Thus, the increase on the ambient air

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3529

enthalpy affects more intensely the VORDC than the VCRDC due to the doors that protect the
refrigerated space from the warm and humid air infiltration. Comparing the ETs in climatic class
n.° 3 (ET01 and ET03), the SREC of the VCRDC is 72% lower than in the VORDC. At the climatic
class n.°6 (ET02 and ET04), the SREC in the VCRDC is 75% lower than in the VORDC. Therefore,
the compressor energy consumption is significantly lower when the vertical refrigerated displays
cases have doors and the main benefit is the impact on the heat load. The hotter and humid the
environment is, the more important is the doors use because the VORDC energy consumption is
very dependent on the climate conditions.

Figure 5: Specific refrigeration consumption

3.5 Total Energy Consumption
Considering the energy consumption of the fans, lighting and heaters, SDEC, added to the
estimated compressor energy consumption, SREC, i.e., the total energy consumption of the
refrigerated display cases per unit of display area, SEC, represents the absolute difference
between the energy performance of VORDC and VCRDC. Fig. 6 shows the SEC values for the
ET’s.

Figure 6: Specific total energy consumption

The operation of the defrost and anti-sweat heaters on VCRDC will cause an increment of 65% in
the SEC value. When the environmental condition changes from climate class n.° 3 to the climate
class n.° 6 the SECVORDC increases 21% while the SECVCRDC increases 6%. At climate class n.° 3
the VCRDC uses 52% less energy than the VORDC and in climatic class n.° 6 the reduction
increases to 58%. Thus, the VCRDC needs more DEC (+65%) but the REC is reduced (up to 75%) which is much more significant to these display cases energy efficiency performance.
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4. CONCLUSIONS
The significant increase in the electrical energy cost motivates and accelerates the use of more
efficient refrigerated display cases. The maximum product temperatures on VCRDC are about
1.4°C lower than the VORDC, however, more temperature oscillation occurs due to the door
opening period. The use of glass doors propitiates a latent heat load reduction up to 87% and a
total saving on energy consumption up to 58% (-9.57 kWh.24h-1.m-2), being these factors of
extreme relevance when choosing the right equipment even if the VCRDC initial investment cost is
shown to be superior. The defrost and anti-sweat heaters impact on a higher specific direct energy
consumption in the VCRDC than in the VORDC (up to 65%, +1.23 kWh.24h-1.m-2 in this case).
Other benefit to the commercial establishment of food retailing lie in the reduced index of spoiled
products as a function of a lower storage product temperature at the VCRDC (- 1.4°C).
The use of the doors is highly recommended when the equipment will operate in tropical climates
and, due to its acceptable acquisition cost (+28%), many commercial establishments invest in the
retrofit of their equipment, that is, they install the doors on equipment that are originally open.
Thus, it is verified that the use of refrigeration equipment closed to ambient air is increasingly seen
as the definitive solution, given the current concerns with the energy consumption and
sustainability of the heat exchange and food preservation processes. In this perspective, the
design of vertical refrigerated display cases under tropical climates could use the 4 experimental
tests results presented in this paper to consider the specific refrigeration energy consumption data
and the water condensation rates tendency to design the heat exchanger area for climatic
conditions that exceed the limit defined worldwide as standard for homologation of open and
closed refrigerated displays cabinets.
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NOMENCLATURE
ET
DEC
H
REC
SDEC
SEC
SREC
T
TDA
TEC
v
V
VCRDC
VORDC
ϕ

Experimental test
Direct energy consumption
Horizontal projection
Refrigeration energy consumption
Specific direct energy consumption
Specific total energy consumption
Specific refrigeration energy consumption
Temperature
Total display area
Total energy consumption
Velocity
Vertical projection
Vertical closed refrigerated display case
Vertical open refrigerated display case
Relative humidity

(–)
(kW.24h-1)
(m)
(kW.24h-1)
(kW.24h-1.m-2)
(kW.24h-1.m-2)
(kW.24h-1.m-2)
(°C)
(m²)
(kW.24h-1)
(m.s-1)
(m)
(–)
(–)
(%)

Subscript
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a
o
g

Air
Open
Glazed
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ABSTRACT
As a result of the increasing global temperatures, shorter periods of natural snow and warmer winter
temperatures are threatening winter sports facilities close to the cities. Different solutions for outdoor
snow storage in Granåsen was studied with the intention to reduce the melting loss. 24 000 m 3 snow
covered by sawdust will be stored from the beginning of April to the end of September. A snowmelt
model was developed for calculation of the snowmelt due to heat from the ground, precipitation, the
surrounding air and solar radiation. The snowmelt during the season was found to be 20 %, and the
heat from the surrounding air and solar radiation constitute more than 80 % of the total melt.
Increasing the thickness of the sawdust layer proves to be the solution which reduces the snowmelt
the most. However, a thicker layer of insulation increases the costs.
Keywords: Outdoor environment, Snow storage, Storage conditions

1. INTRODUCTION
A worrying trend is developing with shorter winter seasons and milder winter temperatures. The
increasing global temperatures reduce the periods of natural snow, which is threatening winter sports
facilities. The climate changes are making it more difficult and complicated to provide skiing
conditions close to the cities. In order to face the climate changes and still being able to provide good
skiing facilities, snow storage might be a solution to prolong the winter season. Storing snow for the
next season gives a certain predictability and a guarantee for skiing arenas, users and winter games
arrangers. It also reduces the economic risk of not having enough snow. Snow storage can make it
possible to provide skiing facilities at temperatures too warm for traditional snowmaking equipment.
This article describes snowmelt calculations for outdoor ground storage of a thermal insulated snow
pile in Granåsen.
When a snow pile is being stored outside it requires thermal insulation to shelter the snow and reduce
the snowmelt. Today both natural wooden materials, such as sawdust and wood chips, and
fabricated materials, such as plastic sheets and geotextile, are used for outdoor snow storage
applications. Important parameters for the performance of the cover materials are radiative
properties, thermal conductivity, permeability, tensile strength, surface roughness and thickness of
the insulation material (Olefs and Fischer, 2008). These characteristics affect the components of the
energy balance for the sheltered snow. The guideline published by the Norwegian Ministry of Culture,
recommends a thickness of 0.3-0.5 cm sawdust for a snow pile stored outside (Gjerland and Olsen,
2014).

2. METHODS
2.1

Heat and Mass Transfer for an Insulated Snow Pile

Snow being stored during the summer will suffer from heat leakage and snowmelt due to air
temperatures above freezing and stronger solar radiation. Heat from precipitation, wind, radiation
and humidity, together with the thermal properties of the insulating material, will affect the convective
heat and mass transfer through the insulation.
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Figure 1: Heat and mass transfer for an insulating layer for snow storage (Skogsberg and Lundberg,
2005).

Fig. 1 illustrates the principle of heat and mass transfer through an insulting layer covering snow
(Skogsberg and Lundberg, 2005). Water will be transported downwards through the snow, but
because of capillary forces and evaporation, a fraction of the water will be transported upwards
through the insulation layer (Lintzén, 2016). Energy is necessary for the evaporation to happen, and
the insulating layer will therefore be cooled, and the melting rate will decrease. Heat from both shortwave radiation and long-wave radiation will be exchanged at the surface of the insulation. Depending
on the albedo of the insulation material, some radiation will be reflected.
2.2

Snowmelt

When a snowpile is stored outside, snowmelt will occur in form of ground melt, rain melt and surface
melt (Nordell and Skogsberg, 2007). Heat transfer causes the ground melt from the ground beneath
the storage, while heat transfer from the ambient air and radiation causes the surface melt. The rain
melt occurs due to precipitation. This section describes the snowmelt model including the equations,
which simplifies the snowmelt to heat from the ground, heat from rain and heat from the
surroundings. The total volume of melted snow during the storage period will then be the sum of the
contribution from each heat source, Eq.(1):
𝑉𝑡𝑜𝑡𝑎𝑙 = 𝑉𝑔𝑟𝑜𝑢𝑛𝑑 + 𝑉𝑟𝑎𝑖𝑛 + 𝑉𝑠𝑢𝑟𝑟𝑜𝑢𝑛𝑑𝑖𝑛𝑔𝑠

Eq.(1)

The heat transfer between the pile and the ground area covered by the snow pile, Eq. (2):
𝑞𝑔 = 𝑘𝑔 𝐴𝑔

∆𝑇𝑔
𝑙

Eq.(2)

where 𝑞𝑔 - heat transfer between ground and snow pile, W; 𝑘𝑔 - thermal conductivity of ground
material, W m -1 K-1; 𝐴𝑔 - ground area covered by snow pile, m 2; ∆𝑇𝑔 - temperature difference, °C
between the snow pile and the temperature at a distance 𝑙 , m, down in the ground (Lintzén, 2016).
The volume flow of melted snow due to heat from the ground is then, Eq(3):
𝑣𝑔 =

𝑞𝑔
ℎ𝑙𝑓 𝜌𝑠𝑛𝑜𝑤

Eq.(3)

where 𝑣𝑔 - volume flow of melted snow due to heat from ground, m 3 s-1; ℎ𝑙𝑓 - latent heat of fusion for
ice, J kg-1; 𝜌𝑠𝑛𝑜𝑤 - density of snow, kg m -3. The volume of snowmelt caused by ground heat. Eq.(4):
𝑉𝑔𝑟𝑜𝑢𝑛𝑑 = 𝑣𝑔 𝑡

Eq.(4)

where 𝑡 - duration of storage period [s].
For a period with 𝑃 measured precipitation, m, the volume of melted snow due to the rain, Eq.(5):
𝑉𝑟𝑎𝑖𝑛 =

𝑃𝐴𝑠 𝜌𝑤𝑎𝑡𝑒𝑟 𝑐𝑝,𝑤𝑎𝑡𝑒𝑟 𝑇𝑠𝑎
ℎ𝑙𝑓 𝜌𝑠𝑛𝑜𝑤

Eq.(5)

where 𝐴𝑠 - surface area of snow pile,m2; 𝜌𝑤𝑎𝑡𝑒𝑟 - density of water, kg m -3; 𝑐𝑝,𝑤𝑎𝑡𝑒𝑟 - heat capacity of
water, J kg-1K-1; 𝑇𝑠𝑎 - temperature of surrounding air, °C (Lintzén, 2016).
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The surface melt is caused by the heat transfer from the surrounding air and solar radiation, to the
snow pile. The solar radiation absorbed by a surface, Eq.(6):
𝑞′′𝑎𝑏𝑠 = 𝑞′′𝐺𝐻𝐼 𝑎 = 𝑞′′ 𝐺𝐻𝐼 (1 − 𝑟)

Eq.(6)

where 𝑞′′𝑎𝑏𝑠 - absorbed radiation, W m -2, 𝑞′′𝐺𝐻𝐼 - measured global horizontal irradiation, W m -2; 𝑎 absorptivity of surface; 𝑟 - reflectivity/albedo of surface.
Since the sides of the snow pile will have different tilts and orientations relative to the sun, the solar
radiation must be decomposed for each side. The solar radiation on a surface with a given tilt and
orientation, Eq.(7):
Eq.(7)

𝑞𝑠𝑢𝑟𝑓𝑎𝑐𝑒 = 𝑞𝑎𝑏𝑠 𝐴𝑠 [cos(𝛼) sin(𝜃) cos(𝜓 − 𝜑) + sin(𝛼) cos(𝜃)]

where 𝑞𝑠𝑢𝑟𝑓𝑎𝑐𝑒 - solar radiation on decomposed side; 𝐴𝑠 - surface area of decomposed side, m2; 𝛼 elevation angle of the sun, °; 𝜃 - tilt angle of surface, °; 𝜑 - solar azimuth angle, °; 𝜓 = azimuth angle
that the surface faces (clockwise from north), ° (PV Education, 2017).
The exterior surfaces of the insulated snow pile will be affected by the outdoor air temperature as
well as the solar radiation. Depending on the properties of the covering material and the orientation
of each surface relative to the sun, a certain amount of the radiation will be absorbed on the surface
of the insulation. This will result in an insulation surface temperature which is higher than the
temperature of the surrounding air. The surface temperature can be found from the following
equation, Eq.(8):
𝑇𝑠 = 𝑇𝑜 +

𝑞′′𝑠𝑢𝑟𝑓𝑎𝑐𝑒

Eq.(8)

ℎ𝑜

where 𝑇𝑠 - surface temperature, °C; 𝑇𝑜 - outdoor air temperature, °C; ℎ𝑜 - outside surface
conductance, W m -2K-1 (Spitler, 2010). Since the snow pile will be exposed to wind, ℎ𝑜 can be set to
6 W m -2K-1 (ASHRAE, 2010). The heat transfer between the insulated pile and its surroundings,
Eq.(9):
𝑞𝑠𝑢𝑟 = 𝑘𝑎𝑣𝑔 𝐴𝑠

𝑇𝑠 −𝑇𝑠𝑛𝑜𝑤
Δ𝑧

Eq.(9)

where 𝑞𝑠𝑢𝑟 - heat transfer between insulated pile and surroundings, 𝑘𝑎𝑣𝑔 - average value of the
thermal conductivity for water and the insulation material, W m -1 K-1; 𝑇𝑠𝑛𝑜𝑤 - temperature of the snow,
°C; Δ𝑧 - layer thickness of insulation material, m (Lintzén, 2016). 𝑘𝑎𝑣𝑔 takes into account that the
insulating material will have a varying thermal conductivity depending on its moisture content
(Skogsberg and Lundberg, 2005). The volume flow and the total volume of melted snow can then
be determined from the Eq. (10) and Eq. (11):
𝑣𝑠𝑢𝑟 =

𝑞𝑠𝑢𝑟
ℎ𝑙𝑓 𝜌𝑠𝑛𝑜𝑤

Eq.(10)
Eq.(11)

𝑉𝑠𝑢𝑟𝑟𝑜𝑢𝑛𝑑𝑖𝑛𝑔𝑠 = 𝑣𝑠𝑢𝑟 𝑡
2.3

Outdoor Snow Storage in Granåsen

Table 1 summarizes the specifications for the stored snow pile. The snow pile was assumed to have
the shape of an isosceles trapezoid prism.
Table 1. Snow storage specifications.

Period of storage
Volume of stored snow
Ground area, Ag
Length, a

April1-Sept30
24090 m 3
4400 m 2
20 m

Length, b
Height, h
Length, L
Tilt angel of surface, Θ
Snow temperature
Snow density, ρ

40 m
7.3 m
110 m
36⁰
0 ⁰C
600 kg m 3

Insulation material
Δz
Conductivity of water, k water
Conductivity average,
kavg
Ratio, r (dry/wet)
Ground material
Conductivity of ground, kg
Density of water, ρ water
Heat of ice melting, hlj
Heat capacity of water, cp,water

Sawdust
0.4 m
0.58 W m -1K-1
0.33 W m -1K-1
0.3/0.15
0.7 W m -1 K-1
1000 kg m 3
334 kJ kg-1
4.18 kJ kg-1 K-1
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Some assumptions and approaches for the snowmelt calculations are listed below.
• Weather statistics for Granåsen was obtained for eight years, 2009-2016, which includes
measured values for air temperature, relative humidity, cloud cover, precipitation and global
horizontal irradiance for every hour during the storage period.
• When it was raining, or it had been raining during the last 12 hours, the albedo was set to
0.15. If no precipitation was registered the last 12 hours, the albedo was set to 0.30. These
values were taken from another study regarding snow storage done by Ødegård (2013).
• For calculation of snowmelt due to the surroundings, the five outer surfaces of the pile was
treated separately.
• The horizon of the snow pile in Granåsen was projected for every 15° using a topographic
map.
• From the latitude, longitude and time zone for the location of the storage, the snowmelt model
calculates the solar elevation angle and the solar azimuth angle for every hour. By comparing
the solar elevation angle to the horizon of the pile, it was possible to know when the snow
storage would be exposed to solar radiation for each day. Fig. 2 shows the solar elevation
angle for three different days plotted against the horizon of the snow storage (yellow curve).
The figure illustrates the variations in hours with solar radiation during the season. The blue
curve and the dark green curve show the solar elevation for the first and last day respectively.
The light green curve illustrates the solar elevation for the day when the sun reaches its
highest point in the sky.

Figure 2: The solar elevation for three different days plotted against the horizon of the snow storage.

3. RESULTS
Table 2 presents the theoretical melting losses for each year obtained from the snowmelt model.
The last column states the average values. The amount of measured precipitation during each
season is included in brackets.
Source
of
melting
Ground [m 3]
Rain [m 3]
Precipitation
[mm]
Surroundings
[m3]

2009

2010

243
643
617.3
4 210

Table2. Theoretical snowmelt losses.

2011

2012

2013

2014

2015

2016

243
457
470.9

243
900
787.4

243
480
555.3

243
490
459.7

243
509
482.2

243
610
608.5

243
557
526.2

243
581
563.4

3 755

4 111

3 552

4 044

4 469

3 777

3 978

3 987
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Total melting 5 096 4 455
5 253 4 276 4 777
5 221 4 630
4 778
4 811
loss [m 3]
Volume last
18
19
18
19
19
18
19
19
19 279
day [m 3]
994
635
837
814
313
869
460
312
Loss in %
21
18
22
18
20
22
19
20
20
The percentage snowmelt contribution related to each heat source is shown in Table 3. The average
values are included in the last column.
Table3. Snowmelt contribution from each heat source.

Source of 2009
2010
2011
2012
2013
2014
2015
2016
Average
melting
Ground [%]
5
5
5
6
5
5
5
5
5
Rain [%]
13
10
17
11
10
10
13
12
12
Surrounding
83
84
78
83
85
86
82
83
83
[%]
The results presented in Table 2 and Table 3 indicate that the surroundings (solar radiation and
surrounding air temperature) have a remarkable impact on the snowmelt and constitute more than
80 % of the total snowmelt. By comparing the results to other practical examples of outdoor ground
storage in Scandinavia (Lintzén, 2016), 20 % melting loss during the season can be assumed to be
a reasonable result.
Considering Table 2 one can see that the seasons in 2011 and 2014 have the largest melting losses.
The season of 2014 also has the highest amount of melting caused by the surroundings, which
constitutes 86 % of the total melt. The highest amount of measured precipitation was in 2011, which
results in a considerable part of melting due to heat from the rain. The storage seasons in 2010 and
2012 have the smallest losses. These seasons also had rain melt below average. The ground melt
was the same for each year as the temperature in the ground and the temperature of the snow pile
are both assumed to be constant during the entire storage season. This is a reasonable assumption
as the contribution from the ground heat was much smaller than the heat from rain and surroundings,
as stated in Table 3.
To evaluate different solutions to reduce the snowmelt for the outdoor snow storage in Granåsen,
the weather statistics for 2016 was used. Considering Table 2 and Table 3 the storage season of
2016 was a good representation of the average values. This section studied the effect of three
solutions; solar shading, thicker layer of insulation and changes in snow pile geometry.
The top surface and the side facing south of the snow pile were highly exposed to the radiation from
the sun 17.4 and 13.9 W m -2 (50 and 40 % from total) respectively. A wall for solar shading could be
placed in front of the side facing south to reduce the impact of the solar radiation. A 4 m high “model”
wall, which was placed 3 m from the side facing south, was therefore included to the horizon in the
snowmelt model. The effect of a solar shading wall is shown in Table 4.
Table4. Snowmelt with and without solar shading wall.

Source of melting
Ground [m 3]
Rain [m 3]
Surroundings [m 3]
Total melting loss [m 3]
Volume last day [m 3]
Loss in %

No wall
243
557
3 978
4 778
19 312
20

Wall
243
562
3 734
4 539
19 551
19

From Table 4 one can see that the snowmelt has been slightly reduced, and that the rain melt is a
bit higher for the case with the solar shading wall. The reason for that is probably related to the
lowered snow-melting rate, leading to a larger surface area being exposed to the rain. However, a
solar shading wall did not reduce the conductive heat transfer between the surrounding air and the
snow pile, thus the total snowmelt reduction was small. It may provide shelter from the wind, but
effects from wind was not taken into consideration for the calculations.
Eq. (9) states that the heat transfer between the snow pile and the surroundings is inversely
proportional to the thickness on the insulation material. This means that an increase in the thickness
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of the insulation layer will reduce the heat transfer. By changing the insulation thickness in the
snowmelt model, the effect of this factor can be studied. The results are shown in Table 5. From
Table 5 one can easily observed the remarkable impact of a thicker layer of insulation, and that the
snowmelt due to the surroundings was decreasing with increasing Δz. As for the case with the solar
shading wall, the rain melt increases for higher values of Δz. The same explanation applies here: a
larger surface area of the snow pile was exposed to the rain.
Table 5. Snowmelt result for different insulation thicknesses.

Source
of Δz = 0.3 m Δz = 0.4 m Δz = 0.5 m Δz = 0.6 m Δz = 0.7 m Δz = 0.8 m
melting
Ground [m 3]
243
243
243
243
243
243
Rain [m 3]
536
557
570
579
585
590
Surroundings
5 150
3 978
3 239
2 732
2 362
2 080
[m3]
Total melting
5 929
4 778
4 052
3 553
3 190
2 913
loss [m 3]
Volume last
18 161
19 312
20 038
20 537
20 900
21 177
day [m 3]
Loss in %
25
20
17
15
13
12
Total
cost
152 033
159 565
175 597
196 189
219 461
244 473
[NOK]
Having a thicker layer of insulation was an option that requires more space. The sawdust must be
stored and dried when it is not used. A cost estimate was therefore done to compare whether it is
cheaper to have a thicker layer of sawdust, or a thinner layer and compensate for the snow loss by
buying the corresponding amount of snow. Choosing Δz = 0.8 m as reference case, it implies that
21 177 m 3 snow was needed at the end of each storage season. The price for sawdust and snow
was set to 57 NOK m -3 and 20 NOK m -3 respectively (Ødegård, 2013; Berg et al., 2016). The
estimated cost is shown in the last row of Table 5 and states that the needed amount of sawdust
was the major cost. This supports the recommended insulation thickness of 0.3-0.5 m, given by the
Norwegian Ministry of Culture.
The top surface is exposed to the highest amount of solar radiation per square meter. Different
geometries were implemented in the snowmelt model. The geometries must still satisfy the volume
requirement of 24 000 m 3 and a ground area limitation of 112 m x 51 m. The calculated snowmelt
losses are presented in Table 6.
Table 6. Snowmelt result for different snow pile geometries.

Rectangular Rectangular
Isosceles trapezoid prism
pyramid
prism
a = 20 m; a = 15 m; a = 10 m;
b = 40 m b = 45 m b = 50 m b = 50 m
a = b = 30 m
2 200
1 650
1 100
3 300

Properties
Top surface area [m 2]
Ground surface area
[m2]
4 400
4 950
5 500
5 500
3 300
2
Total surface area [m ]
5 362
5 758
6 222
6 266
5 344
SA:V [m -1]
0.223
0.239
0.258
0.260
0.222
Source of melting
Ground [m 3]
243
273
304
304
182
Rain [m 3]
557
595
638
647
551
3
Surroundings [m ]
3 978
4 110
4 287
4 146
4 240
3
Total melting loss [m ]
4 778
4 978
5 229
5 096
4 973
Volume last day [m 3]
19 312
19 112
18 861
18 999
19 117
Loss in %
19.83
20.66
21.71
21.15
20.64
A snow pile with the form of a triangular prism was of the ideal geometry to minimize the top surface
area parallel to the ground. However, Table 6 shows that this geometry will have a larger total surface
area, and the total snowmelt was larger than for two of the trapezoid prisms and the rectangular
prism. The surface area of the snow pile should be as small as possible to reduce the exposure to

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3539

solar radiation and surrounding air. The surface-area-to-volume ratio (SA:V) for the different
geometries are included in Table 6. The lowest value for SA:V was found for the rectangular prism.
However, the total melting loss for the rectangular prism was slightly larger than for the first of the
three trapezoid prisms. These two shapes have the same cross-sectional area, but the top surface
area for the rectangular prism is larger. As previous stated, the top surface of the snow pile is the
side which is exposed to the highest amount of solar radiation. This may explain why the rectangular
prism did not have the smallest melting loss, despite its SA:V.
Reducing the surface area would also reduce the amount of sawdust needed to cover the snow pile,
as well as the costs related to the insulation. However, there will be challenging to form the snow
pile into any desired shape as the snow storage is being produced. Limitation in maximum height,
time, available vehicles and whether the areas around the storage is accessible by vehicles, are
factors that have impact on the production and shape of the outdoor snow storage.

4. DISCUSSION
The developed snowmelt model gave reasonable snowmelt results for an outdoor snow storage, as
the calculated results match the snowmelt from other practical snow storage examples. The results
also verify that the surface melt, due to solar radiation and surrounding air, constitutes the largest
part of the total melt, as found by Skogsberg (2005). The model can be used for other snow storage
facilities, as long as the latitude, longitude and horizon for the location is known, and weather
statistics is available.

Figure 3: Decreasing of snow pile volume during the period of storage.

Fig. 3 shows the decreasing snow pile volume during the season in 2016 for four different cases.
The yellow curve illustrates the melting rate for the snow pile with the specifications given in Table
1. Each one of the three other curves shows an investigated solution for snowmelt reduction. Only
the increase in insulation thickness has a considerable reduction in melting rate, as can be seen
from the light green curve in Fig. 3. The same effect of insulation thickness was found in a laboratory
experiment by Skogsberg and Lundberg (2005).
The cost estimation regrading insulation thickness has demonstrated that a thickness of 0.3-0.5 m
sawdust can be recommended, with respect to total snowmelt and insulation material costs. A solar
shading wall cannot be regarded as a useful solution, as the reduction in snowmelt is minimal.
Furthermore, the wall would permanently occupy space on the parking lot in Granåsen, when no
snow is being stored. The results obtained by changing snow pile geometry, demonstrate only small
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variations in total snowmelt. The difference between the best and worst case of melting is only 451
m3, which constitutes less than 2 % of the initial snow pile volume. This indicates that the shaping of
the snow pile when the snow storage is being produced, can be given less focus, as long as the
snow pile is kept compact. The main priority should therefore be given to efficient drying and
maintenance of the insulation material.
5. CONCLUSION
When 24000 m 3 snow is stored outdoor in Granåsen, it can be assumed that approximately 20 % of
the insulated snow pile will melt during the season. The snowmelt calculations have demonstrated
that heat from the surroundings (solar radiation and surrounding air) will have the greatest impact
on the snowmelt. The contribution from the surroundings is found to be 78-86 % of the total
snowmelt. Increasing the thickness of the insulation layer is further found to be the best solution to
reduce the melting rate. Changing the insulation thickness from 0.4 m to 0.8 m reduces the snowmelt
from 20 % to 12 %. However, increasing the insulation thickness gives higher expenses. Thus, a
thickness of 0.3-0.5 m can be recommended. Changing the snow pile geometry or use of a solar
shading wall does not lead to any significant melt reduction. For that reason, it can be concluded
that maintenance of the sawdust is the most important measure to reduce the snowmelt. This
includes necessary drying to maintain the quality and the low thermal conductivity of the sawdust,
which will reduce the cost related to buying new sawdust. Drying methods for sawdust has not been
studied in this article, and should therefore be suggested as further work. Snow storage is a good
alternative to guarantee for skiing facilities in Granåsen from the beginning of October. This makes
it possible to provide skiing trails even if no natural snow has fallen, or the temperature is too high
for traditional snowmakers. However, there is a chance that the distributed snow will melt fast due
to high temperatures in October. A short skiing trail located to areas with less sunlight should be
considered as an alternative in October.
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ABSTRACT
Solar-powered refrigerators are useful for preserving food in isolated regions where there is no
electricity supply or there are frequent power outages. Currently, these systems use electrical
batteries for storing energy; however, other technologies, with less environmental impact and
maintenance requirements, can be applied. One option is to store cold with phase-change materials.
This study evaluates the energy autonomy of a solar-powered refrigerator which has a PCM slab in
contact with the evaporator wall. The objective is to size the PCM slab for a battery-free system for
two tropical locations.
A validated dynamic model was developed and simulations were carried out with several values of
PCM slab thickness, insulation thickness, and air-change rate.
Results are better for longer compressor cycle time, which can be increased when both the PCM
slab and insulation thickness are higher. In addition, the control strategy was defined to improve the
use of the solar resource.
Keywords: Cold storage, phase-change materials, solar energy, refrigerator, photovoltaic.

1. INTRODUCTION
Solar-powered refrigerators are a useful solution for food preservation and manage the cold chain
in isolated regions where there is no electricity supply, or there are frequent power outages (as is
the case in some developing countries) (Katic et al., 2010). Although data from the World Bank
shows that there has been a considerable improvement in access to electricity over the last 25 years
(WB and ESMAP, 2017), 12.6% of the world population still do not have access.
The countries with the least access to electricity are located mainly in Sub-Saharan Africa, the
Caribbean, Southeast Asia and the Pacific, and in numerous small islands worldwide. However, one
important advantage of these regions that solar energy is readily available, so solar refrigerators can
be more feasible.
There are two main types of solar-powered refrigerators: refrigerators activated by photovoltaic (PV)
panels, and refrigerators activated for solar thermal collectors (Kim and Infante Ferreira, 2008).
Nowadays, only the first type is commercially available; this type is usually activated by vapor
compression refrigerators with a direct current (DC) compressor.
PV systems usually store energy by using conventional electrical lead-acid batteries. The main
advantage of this technology is its lower cost. However, they have a short lifespan, some models
require more maintenance, and they usually have a toxic electrolyte, which is potentially dangerous
to the environment (Sørensen, 2015). One alternative for solar-powered refrigerators is to store cold
using phase change materials (PCM) integrated into refrigerators.
The most common PCMs are based on paraffin or hydrated salts, which are neither toxic to humans
nor pollute the environment (Dincer and Rosen, 2011; Zalba et al., 2003). In addition, PCMs can
support a high number of thermal cycles, about 10,000 for paraffin and 3,000 for hydrated salts,
while conventional electrical lead-acid batteries support an average of 500 cycles. Only the most
advanced nickel and lithium electrical batteries can support more than 1,000 cycles (Sørensen,
2015).
Most of the previous studies, in relation to the use of PCMs in conventional on-grid refrigerators,
have analyzed PCM slabs in contact with the evaporator surface (Azzouz et al., 2008; Marques et
al., 2014; Yusufoglu et al., 2015), and PCM cylinders around condenser tubes (Cheng et al., 2017;
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Mastani Joybari et al., 2015; Oró et al., 2012). Some of the effects reported in these studies are the
increased compressor cycle time, the improvement in the temperature stability of the product, and
the fewer compressor starts, which sometimes means that single speed compressors consume less
electricity. Some solar-powered refrigerators on the market have use PCM for cold storage, but very
few studies have shown how to improve the integration between the thermal energy storage and the
PV system.
Because conventional DC vapor compression refrigerators are more common at the commercial
level, in this study we analyzed a DC vapor compression refrigerator, activated by a PV system with
a passive thermal cold storage slab with encapsulated phase change materials (PCM). However,
this energy storage option can be applied not only to DC vapor compression refrigerators but to all
types of solar-powered refrigerators.
The main purpose of this study is to size the PCM slab in order to increase the autonomy of the
refrigerator without using conventional electrical batteries. To do so, a validated dynamic model was
developed, and simulations were carried out for a product preservation temperature of 11°C, under
different ambient temperatures, several values of PCM thickness, insulation thickness, and air
change rates. In addition, a control strategy was defined to improve the use of solar energy, and it
was verified for two typical tropical locations in Kenya and Cuba.

2. METHODOLOGY
2.1

System Description

The system studied (Fig.1) consists of a horizontal refrigerator, which has a useful capacity of 350 l,
and a direct current compressor driven by photovoltaic panels. Passive cold storage, with a PCM
slab, is installed inside the refrigerator, in contact with the evaporator wall.
As is usual in domestic and commercial refrigerators, the equipment uses a simple mechanical
compression vapor cycle. The evaporator is made of copper tube, embedded in the refrigerator walls;
the condenser is of the “wire on tube type”, natural air-cooled, and the expansion device is a capillary
tube also made of copper. The DC compressor is hermetic (Danfoss-Secop, 35BD), working with
refrigerant R134a.

Figure 1: System scheme

The photovoltaic system consists of multi-crystalline silicon modules and a DC/DC converter, which
adapts the voltage output of PV-modules to the requirements of the compressor control unit. This
control unit makes it possible to vary the final voltage that activates the motor-compressor and
regulates the speed according to the power available. In addition, the refrigerator’s refrigeration
capacity and electricity consumption are regulated by the compressor speed.
The refrigerator was adapted to store 16 kg of product, which is simulated using water, distributed
in a total of 40 polyethylene packages, arranged in aluminum shelves. In addition, two fans are
installed inside a refrigeration cell to cool the stored product by forced convection heat transfer.
Passive cold storage has encapsulated phase change material (PCM) in polyethylene-aluminum
bags, arranged on steel sheets. They are placed around the internal refrigerator walls in contact with
the evaporator. The purpose of this system is to activate the compressor only during the daylight
hours, so that the PCM slab can be charged while there is solar radiation. Later, during the night,
the thermal energy stored in the PCM slab is used to handle the system’s refrigeration demand. The
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more solar radiation there is, the faster the compressor works. In any case, the product must be
stored in the required temperature range (11+/-2°C in this case).
The system was modeled with well-known methods for PV and refrigeration systems. However, the
charge and discharge of the PCM slab need a validation procedure. So, the experimental setup
presented in Fig. 2 was implemented.
The refrigerator was tested under constant ambient temperature inside a climatic room, according
to the European Norm EN 62552. The electricity required by the DC compressor was produced by
a DC source, which was connected to a standard AC electrical panel. In total, 30 thermocouples
were installed in different elements (refrigerator wall, PCM slab, and product store). In addition, the
voltage and the electrical current required by the DC compressor were measured.
The PCM used during the experiments was a paraffin mixture, with a phase change temperature
between 5 and 6°C, manufactured by Rubitherm, product reference RT5HC. Other details of this
experimental setup have been reported in a previous study (Coca-Ortegón et al., 2017).

Figure 2: Experimental setup for the refrigerator cell

2.2

PCM Selection

Specific entalphy
of fusion [kJ/kg]

The first basic characteristic considered for selecting the phase change material (PCM) was the
melting temperature. For the system analyzed, this temperature must be an intermediate value
between the evaporator temperature and the preservation temperature of the stored product. The
purpose of this temperature is to guarantee the complete solidification of the PCM during the
charging process and take advantage of the latent thermal storage.
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EWS: Euectic Water Solution, MSH: Hydrated Salts Mixtures, MP: Paraffin Mixtures, OMC: Organic Multi-Component.

Figure 3: Specific enthalpy of fusion Vs melting temperature for commercial PCMs

The second characteristic considered was the specific enthalpy of fusion, which should be as high
as possible, to increase the energy density of the PCM slab. Fig. 3 shows these characteristics for
commercially PCMs from eight international manufacturers. This Figure was prepared by consulting
some reviews of PCM for refrigeration applications (Cabeza et al., 2011; Li et al., 2013; Oró et al.,
2012; Zalba et al., 2003) and by an additional consultation on the websites of the manufacturers.
Specifically, in the temperature range analyzed, the most common PCMs available are made of
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paraffin mixtures (MP) and hydrated salt mixtures (MSH). In comparison to the hydrated salts, the
advantage of paraffin is its greater long-term stability and lower sub-cooling. On the other hand, they
have a lower thermal conductivity, and flammability if the maximum temperature is exceeded.
On the basis of the above information, we selected an organic PCM, type MP (paraffin mixture), with
a melting temperature between 7 and 10°C and a heat storage capacity of 130 kJ.kg-1 between 4
and 13°C. The main characteristics of this PCM are presented in Table 1.
Table 1. Main characteristics of PCMs used in the study

Characteristic
Manufacturer / reference
Type
Phase change temperature
Heat storage capacity (0 to 17°C)
Specific heat capacity (solid) / (liquid
Density (solid) / (liquid)
Thermal conductivity (solid) / (liquid)

2.3

Units
[°C]
[kJ kg-1]
[kJ kg-1 K-1]
[kg m-3]
[W m-1 K-1]

Value
Rubitherm / RT9
Organic - Paraffin mixture
7 to 10
175
2.0 / 2.0
880 / 760
0.2 /0.2

Modeling and Simulation

The model has four main parts: the refrigerated cell, the PCM slab with encapsulated phase change
materials (PCM slab), the refrigeration sub-system, and the photovoltaic sub-system. The simulation
was implemented in Matlab, and the dynamic simulation software, TRNSYS, was used as a
complementary tool to simulate the photovoltaic sub-system. The general considerations and the
procedure applied in the model developed is described below.
The average temperature inside the refrigerated cell was calculated by the energy balance equation
(Eq. (1)), which includes the thermal load components, and the heat transfer rate between the PCM
slab and the air inside the refrigeration cell (qPMC-air). The thermal load components were calculated
using the ASHRAE standards. These components include the transmission heat gains or losses
through the refrigerator enclosures (qlos), the product thermal load (qPr), the heat gains due to internal
equipment (qInt), and the infiltration heat gains (qInf) (ASHRAE, 2010).
=

+

+

+

Eq. (1)

The heat transfer in the PCM slab was modeled with a one-dimensional conduction heat transfer
model. In this case, the convection heat transfer inside the PCM was neglected. This procedure has
also been applied, with accurate results, in other studies on PCM slabs in contact with evaporators
in household refrigerators (Azzouz et al., 2008; Cheng et al., 2017; Marques et al., 2014).
ℎ
Eq. (2)
.
=
.
The heat transfer inside the PCM is governed by Eq. (2), in which the PCM temperature (TPCM) and
the PCM specific enthalpy (hPCM) vary in space (x) and time (t). PCM thermal conductivity (kPCM) and
density (pPCM) are constant in the liquid phase and in the solid phase, while in the phase-change
region these properties are calculated by interpolation (Özisik, 1993). This equation was solved by
applying the finite difference method and explicit solution procedure (Özisik, 1993), in which the PCM
slab is divided into a finite number of elements. In addition, the boundary conditions had to be defined
in the external nodes of the PCM slab, one of which was in contact with the evaporator and the other
in contact with the air inside the refrigerated cell.
The refrigeration sub-system model uses a simple mechanical compression refrigeration cycle, with
a DC compressor and R134a as a refrigerant. The simulation of this sub-system was based on the
performance curves of the Danfoss-Secop BD35F compressor, provided by the manufacturer, in
accordance with the European Norm EN-12900. In this standard, the compressor performance is
characterized by cubic regression curves, according to Eq. (3), where the dependent variable “X”
represents the cooling capacity (qcom) or electrical power consumption (Wcom). The explanatory
variables are the evaporation (Te) and condensation temperature (Tc). The corresponding
coefficients of these equation, were taken from the manufacturer’s web page (Danfoss, 2019).
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In order to carry out the simulations, the evaporation and condensation temperatures were estimated
11°C below set product temperature and 10°C above ambient temperature, respectively, and the
minimal condensation temperature was 35°C.
The power produced by the PV sub-system was simulated using the “five-parameter model” (De
Soto et al., 2006), in which the relation between the voltage (V) and the current intensity (I) produced
by a PV module or PV array is described by Eq. (4).
01 .23
6 + *. 78
Eq. (4)
* = *+ − *- . ./
− 15 −
7
The five parameters of this model are the light current (IL) produced by a current source, the inverse
saturation current of a diode (ID) connected in parallel with the current source, the series resistance
(RS), the parallel resistance (RP), and the "a" parameter.
These parameters are calculated at reference conditions using the technical information from the
manufacturer's datasheet. In this study, the simulations were made with multi-crystalline PV
modules, with a peak power of 80, 100 and 150W STC (Standard Test Conditions), “SolarWorld”
brand, models SW80, SW100, and SW150 (Sunfields Europe, 2018).
TRNSYS 16 was used as a simulation tool. In particular, type 194 was used to simulate PV
production. The efficiency considered for the DC-DC conversion in the PV-system was 98%.
The control strategy is based on two main variables. First, the solar radiation available: the
compressor is ON only when there a minimal value of PV power production, and the compressor
speed is adapted according to the ambient temperature, product temperatures and the PV power
available. This speed is based on the compressor performance curves mentioned in Eq. (3).
The second variable is the set temperature of the stored product, which is controlled by a thermostat
consisting of an ON-OFF control with hysteresis. At the beginning of each day, this ON-OFF control
is restarted to avoid possible delays in the use of the solar resource.

3. RESULTS AND DISCUSSION
3.1

Parametric Analysis of Compressor Cycle Time and System Performance Indicators

For better integration of the PCM slab and the photovoltaic system, the number of daily compressor
cycles should be reduced nearly to one. In this way, the electricity produced by the PV system can
be used during the day to cool the product and to charge the PCM slab. Later, the stored thermal
energy can be used when solar radiation is low or during the night.
Hence, the present study first analyses how such variables as PCM slab thickness, insulation
thickness, and air change rate affect the compressor cycle time. The thicker the PCM slab is, the
longer the compressor cycle. For a cycle time of about 18 hours, the PCM slab needs to be more
than 10 mm and 12 mm thick for an ambient temperature of 25 and 30°C, respectively. In this regard,
Fig. 4 (a) shows the results for an insulation thickness of 80 mm and 0.25 air changes per hour.
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Figure 4: Influence of variables on maintenance refrigeration cycle time

Likewise, a greater insulation thickness increases the compressor cycle time, as Fig. 4 (b) illustrates.
In tropical locations, refrigerators usually have insulation materials with thermal conductivities above
0.5 Wm-1K-1 and thicknesses of 100 mm. Therefore, to complete our selection of the design
parameters, we will consider the minimum insulation thicknesses of 100 mm.
Finally, Fig. 4 (c) presents the incidence of constant air-change rates for the two ambient
temperatures (25 and 30°C) and an external relative humidity of 60%. As expected, the higher the
air-change rate, the shorter the compressor cycle is.
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Table 2. Simulation results for the maintenance cycle under ambient temperature 30°C

PCM slab
thickness
[mm]
0
4
8
10
12

Air
Daily
Insulation
Cycle Time Time Qload Eload
changes
COPsys electricity
thickness
time ON OFF
[kJ/
[kJ/
per hour
[-]
consumption
[mm]
[h]
[h]
[h] Cycle] Cycle]
[kJ/day]
80
0.25
3.2
0.6
2.6
326
136
2.4
1,031
80
0.25
9.2
2.0
7.2 1,224 483
2.5
1,256
80
0.25
14.4 3.1
11.2 1,921 757
2.5
1,266
80
0.25
16.9 3.7
13.2 2,264 894
2.5
1,270
80
0.25
19.5 4.3
15.2 2,619 1,035
2.5
1,276

10

60

0.25

14.8

4.1

10.7

2,494

986

2.5

1,601

10
10

80
100

0.25
0.25

16.9
19.1

3.7
3.5

13.2
15.7

2,264
2,131

894
841

2.5
2.5

1,270
1,055

10

120

0.25

21.5

3.3

18.1

2,044

809

2.5

905

10

100

0.25

19.1

3.5

15.6

2,131

841

2.5

1,055

10
10

100
100

0.50
1.00

19.0
18.6

3.5
3.6

15.4
15.0

2,153
2,195

853
870

2.5
2.5

1,081
1,121

10

100

2.00

18.0

3.7

14.3

2,284

902

2.5

1,200

The main details of how the system performs – cycle time, compressor time ON, compressor time
OFF, refrigeration load (Qload) electricity consumption (Eload), the coefficient of performance of the
system (COPsys) and daily electricity consumption – for maintenance cycles are presented in Table
2 for an ambient temperature of 30°C. In general, the COP is very little affected by the PCM slab.
However, the daily electricity consumption increases up to 23.76%, when the insulation thickness is
80 mm according to the specific simulated conditions.
3.2

Sizing of the PCM Slab for Two Tropical Locations

The thermal storage slab was sized for two typical tropical locations: one in an African country
(Nyanza, Kenya, latitude 0.08°N, longitude 35.06°E) and the other in the Caribbean (Guantanamo,
Cuba, latitude 20.14°N, longitude 75.95°W). Specifically, we analyzed a complete week for a critical
month, in which ambient temperature is high and solar radiation is lower than similar months. Table
3 shows the main weather characteristics for each case.
Table 3. Main weather and load characteristics for studied cases

Location

Month

Solar irradiation
[kJ.m-2/day]

Ambient
temperature [°C]

RH
[%]

1. Kenya
2. Cuba

November
June

19.5
21.6

23.2
28.1

68.7
72.5

The insulation thickness selected for the two analyzed locations was 100 mm, according to the
analysis presented in section 3.1. To achieve compressor cycle times of about 18 hours, the initial
thickness selected for the PCM slab was 8 mm and 10 mm for Kenya and Cuba, respectively. Under
these conditions, Table 4 presents the daily refrigeration load (Qload), the daily electricity consumption
(Eload), the Time ON of the compressor in each cycle, and the average power load (W load) required
for the two cases analyzed.
Table 4. Main weather and load characteristics for the cases studied

Location
1. Kenya
2. Cuba

PCM slab
thickness [mm]
8
10

Insulation
thickness [mm]
10
10

QLoad
[kJ/day]
1,996.6
2,491.7

COPsys
ELoad
[kJ/day]
735.9
2.71
976.2
2.55
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Time
ON [h]
2.69
3.43

WLoad
[W]
76
79
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The initial peak power considered for the multi-crystalline PV module was 80 Wp, this value was
chosen taking into account the average power load (WLoad) calculated. Fig. 5 shows the PV power
production, the load power, and the product temperature, for the simulations carried out for a
complete week (168 hours). The final size of the PV modules for the cases analyzed was 100Wp for
Kenya and 150Wp for Cuba, which allows the refrigerator to be operated without an electrical battery.
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Figure 5: Dynamic simulation of a free battery solar-powered refrigerator for 2 tropical locations

Table 5 shows the thermal storage capacity for various PCM slab thicknesses for a total area of
evaporator wall of 2,143 m2, a specific heat capacity storage of 130 kJ kg-1, for a PCM working
temperature between 4 and 13°C, and the PCM density value in the liquid state (760 kg m-3). With
this information, the ratio between the theoretical storage of the PCM slab and the daily refrigeration
demand was calculated as 0.84 and 0.85 for the Cuban and Kenyan locations, respectively.
Table 5 Thermal storage capacity for different slab thickness

PCM slab thickness
Heat storage capacity 4 to 13°C

[mm]
[kJ]

4
846.9

6
1,270.4

8
1,693.8

10
2,117.3

12
2,540.7

4. CONCLUSIONS
A dynamic model was implemented to simulate a solar-powered refrigerator driven by a PV without
electrical battery and equipped with a passive thermal energy storage slab with phase change
materials. This slab is placed on the internal wall of the refrigerator, in contact with the evaporator.
The system was analyzed for a preservation temperature of 11°C and the phase-change material
(PCM), selected was a paraffin mixture with a melting temperature between 7 and 10°C.
This type of refrigerator is useful for preserving food in countries or developing areas where there is
no electricity supply. To this end, the thermal storage slab was studied and sized for two typical
tropical locations: Kenya, in Africa, and Cuba, in the Caribbean.
For the initial sizing of the PCM slab, a parametric analysis was carried out under stable ambient
conditions, including ambient temperatures of 25 and 30°C. In this analysis, the compressor cycle
time was evaluated at different values of such major variables as the PCM slab thickness, insulation
thickness, and air-change rate.
For better integration of the PCM slab and the photovoltaic system, the compressor cycle time should
be close to 18 hours a day. This is the cycle time obtained when the PCM slab is above 8 mm and
10 mm for external temperatures of 25°C and 30°C, respectively, with an insulation thickness of 100
mm, and 0.25 air changes per hour. The more air changes there are, the shorter the cycle
compressor is and the thicker the PCM slab needs to be.
For the two locations analyzed, the system was sized for 1.0 air change per hour and an insulation
thickness of 100mm. Finally, the autonomy of the system without an electrical battery was
determined with a PCM slab thickness of 80mm and 100mm, and with multi-crystalline PV modules
of 100Wp and 150Wp for Kenya and Cuba, respectively, which allows the solar-powered refrigerator
to be operated without an electrical battery.
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NOMENCLATURE
h
q
Q
T
W
E
V
I
R
x
t
k
C
COP

Specific enthalpy (kJ.kg-1)
Heat flow rate (W)
Thermal energy (kJ)
temperature (K)
Electrical power (W)
Electrical energy (kJ)
Voltage (V)
Electrical current (A)
Resistance (Ohm)
Spatial dimension (m)
Time (s)
Thermal conductivity (Wm-1K-1)
Density (kg/m3)
Coefficients compressor curves
Coefficient of operation (-)

Subscripts
Air
Compressor
Condenser
e
Evaporator
Int
Internal equipment
Inf
Infiltration
los
Losses
pr
Product
Load Load
Sys
System
S
Series
P
Parallel
D
Diode
air
com
c
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ABSTRACT
Powering refrigerated warehouses by renewable energy sources (RES) turns from an extravagancy
to a routine. RES intermittency requires suitable energy storage for both off-grid and on-grid
applications. Cryogenic energy storage, integrated synergistically with RES and large refrigerated
warehouses, is a promising environmentally friendly technology (addressed by the EU CryoHub
project). Hence, studies were carried out to identify where large energy-intensive refrigerated
warehouses are situated across Europe and how much power they consume. By employing diverse
instruments and data sources, some 1049 warehouses were established, while 503 energy
intensive ones were mapped and further co-located with 3200 solar PV and 11700 onshore wind
parks to discover the best areas for RES integration across EU28. As compared with similar
international surveys, the CryoHub statistics covers simultaneously warehouse capacity,
geographical location and energy data, which permit a comprehensive analysis and strategic
planning in both food refrigeration and energy sectors.
Keywords: Refrigeration, Food, Refrigerated Storage, Warehousing, Renewable Energy, Energy
Storage, Mapping, European Union

1. INTRODUCTION
Low- or zero-carbon cold chain economy is only achievable by intensive utilisation of renewables
and building associated energy storage infrastructure to compensate for their intermittent nature
and to balance the electrical grids (Fikiin and Stankov, 2015). The EU CryoHub project investigates
and develops the potential of cryogenic energy storage (CES) at refrigerated food warehouses.
The innovative CES technology is based on storing renewable energy as a cryogenic liquid (being
liquid air in this project), which is then boiled at low temperatures to generate electricity for on-site or
grid use. Unlike the stand-alone CES installations, CryoHub co-generates both power and refrigeration
supply to the warehouse, with a number resulting benefits (Fikiin et al., 2017).
The need for energy mapping, reported in this contribution, was a logical consequence of the three
important prerequisites needed to implement CryoHub-like liquid air energy storage (LAES) Europewide: (i) existence of large refrigerated food warehouses; (ii) presence of RES, and (iii) reasonable
geographical proximity between the warehouses and RES, possibilities for mutual integration, along
with potential benefits from the technology uptake.
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2. REFRIGERATED FACILITY MAPPING SURVEY
2.1.

Data collection methodology

Studies were carried out by the CryoHub project consortium to identify where large scale refrigerated
warehouses and food factories are situated across Europe (Fig. 1). In addition, their power usage
was mapped. The first step towards achieving this goal was the development of an on-line version
of the CryoHub energy mapping survey with a detailed questionnaire of 14 queries published in the
English language (CryoHub, 2017a). Translated questionnaires were also prepared and published
on-line in 5 EU national languages (German, French, Bulgarian, Spanish and Italian).

Figure 1: Mapping large refrigerated food warehouses (over 0.5 MW) across EU28.

To maximise the response to the CryoHub mapping survey, a stimulating award system was designed
and applied by ranking the project-assisting organisations as ‘Bronze’, ‘Silver’ and ‘Gold’ CryoHub
Champions, depending on whether they contributed data to the survey, offered an on-site case study
or accepted to host the CryoHub demonstration plant. Certificates of merit were rewarded to champion
companies whose professional achievements were then publicised by all available means.
The CryoHub survey was then actively promoted via the established channels of governmental and
non-governmental professional organisations, editorial boards and sectorial networks. For instance,
the following stakeholders’ organisations were approached and provided with information about the
survey:
 ECSLA (European Cold Storage and Logistics Association) and relevant national
associations, GCCA (Global Cold Chain Alliance), IAR (International Academy of
Refrigeration), GCI (Green Cooling Initiative), IIAR (International Institute of Ammonia
Refrigeration), ASHRAE (American Society of Heating, Refrigerating and Air-Conditioning
Engineers), AFF (Association Française du Froid), EHPA (European Heat Pump
Association), EPEE (European Partnership for Energy and the Environment), AREA
(Air Conditioning and Refrigeration European Association), Euroheat & Power,
Eurocommerce, Eurovent, Eurammon, etc.
 FoodDrink Europe, EFFoST (European Federation of Food Science and Technology),
ETPs (European Technology Platforms) ‘Food for Life’, and 'Renewable Heating and
Cooling', EHEDG (European Hygienic Engineering & Design Group).
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 FSDS (Food Storage and Distribution Federation), FDF (Food and Drink Federation),
CFA (Chilled Food Association), BFFF (British Frozen Food Federation), IOR (Institute
of Refrigeration) in the UK.
As a result of the above-mentioned endeavours, survey-related articles and the relevant Call for
CryoHub Champions were published worldwide by various international organisations and networks,
specialised periodicals, professional magazines and mass media (CryoHub, 2017a). Furthermore,
the energy mapping survey and Call for Champions were presented at several international fora
(Fikiin, 2016a, 2016b), including many IIR’s sponsored and co-sponsored conferences around the
globe, alongside the IIR newsletters, web-publications, social media and e-mailings to IIR members
of different categories – a network of over 6000 professional subscribers.
2.2.

Correlating capacity and energy data

As the on-line survey received a rather modest public response (because of the conservatism in
the sector, reluctance of warehouse operators to share their energy data and the need for a much
longer period of data collection), another approach was therefore employed, based on warehouse
capacity data. This required determining the warehouse size (in m2, m3 or tonnes) and then using
its specific energy consumption to estimate the energy spent. A data collection spreadsheet,
summarising statistics for all warehouses found out in every country of EU28, provided input data
to a calculation methodology correlating warehouse capacity and energy usage via specific energy
consumption values established in a previous study (Evans et al., 2014). The special focus was on
large warehouses consuming over 500 kW of electrical power on average.
When capacity information was not available, the warehouse volume was estimated by using Satellite
Imaging and Google Maps to find the refrigerated facility and then using the Google measurement
tool to ascertain the floor area. By means of a custom-made methodology, Google Streetview was
also used to ascertain height by comparing the height of the store with items of known height (or by
resorting to a fixed nominal height of 10.3 m in the exclusive case when no actual value can be
determined), as detailed in CryoHub (2017a) and illustrated in Fig. 2.

Figure 2: Satellite imaging of large refrigerated food warehouses to correlate
2
3
their capcity (in m , m or tonnes) with the energy use.

Different databases for warehouse locations and capacities (in terms of m 2, m3, tonnes or pallet
number) were employed, for example:
Printed editions of the GCCA International Cold Chain Directory, GCCA Directory of
Refrigerated Warehouse and Distribution Centres, ECSLA Directory of European Cold Stores,
etc.
On-line Global Cold Chain Directory of GCCA.
Euro-pages on the Internet (Business Directory).
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Data of UK Environment Agency (through the freedom of information act).
Database of French Ministry of Environment (containing both capacity and energy
consumption figures).
DG SANTE website linked to the sites of national food safety authorities, providing
information for refrigerated warehouses and food factories permitted to operate
at an EU level.
National cold chain associations.
2.3.

Mapping results

While a total of 1049 refrigerated food warehouses throughout the EU were reported (consuming
together some 933 MW on average), some 503 of them had an estimated average power consumption
exceeding 500 kW and spend approx. 780 MW in total (CryoHub, 2017a). These highly energy
intensive warehouses are widely distributed on the European map, but the highest concentration of
such large refrigeration facilities exists in Benelux, Southern England, Northern France and Northern
Germany, which coincides very logically with the highest population density in Europe approximately
in the same regions (Fig. 1). This study covered comprehensively EU28, with a little exception for
Croatia, Malta, Luxemburg, where less attention was paid and no facilities were taken into account.
While the first of these countries is the newest EU member, no indications were found for existence
of large refrigerated warehouses in the second two states.
A number of EU countries’ groups have been identified and classified (based on their geographical
location; climatic similarities; traditions; economic, administrative and cultural interlinks), as follows:
(i) Benelux (Belgium, the Netherlands and Luxemburg); (ii) Central and Eastern Europe (Bulgaria,
Croatia, Czech Republic, Hungary, Poland, Romania, Slovakia and Slovenia); (iii) Germany and
Austria; (iv) Mediterranean countries (Cyprus, France, Greece, Italy, Malta, Spain and Portugal);
(v) Nordic and Baltic countries (Denmark, Estonia, Finland, Latvia, Lithuania and Sweden), and (vi) UK
and Ireland. Energy consumption maps were elaborated for the large warehouses in each one of
these groups of countries, where the situation was analysed in more details (CryoHub, 2017a).
Along with the overall map of EU28, individual maps for each explored country were featured as well.

Figure 3: Refrigerated storage warehouse space (in millions of cubic meters) for 17 representative
EU countries – comparison between the CryoHub and GCCA surveys.

2.4.

Comparison with other warehouse surveys

To ascertain whether the CryoHub mapping survey adequately represents the amount of cold storage
capacities and resulting energy expenditure in Europe, a comparison was made of the CryoHub
results with those of the 2010 IARW Global Cold Storage Capacity Report (by Victoria Salin, Texas
A&M University), using information collected from international offices of GCCA (Global Cold Chain
Alliance). Newer versions named 2016/2018 GCCA Global Cold Storage Capacity Report (GCCA,
2018) are also available, along with the associated web-based GCCA Global Cold Chain Directory
(CryoHub, 2017a). CryoHub found out more warehouse space than GCCA for 12 out of 1 7
representative countries (Fig. 3), with a total difference of approx. 23 M m 3. For two of these
countries CryoHub afforded data for the first time.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3553

The CryoHub database can further be improved by paying more attention to key countries, such as
France and Germany, which are expected to have more cold storage capacities than were actually
identified by the CryoHub data gathering exercise. Another important data survey, which can serve
as a reference source to compare with, is ICE-E (2012). The main features and capabilities of the
three datasets considered are summarised in brief in Table 1.
Table 1. Functionality of different international surveys of refrigerated warehouses.

GCCA

Capacity
Data
YES

Location
Data
YES

ICE-E

YES

PARTLY

CryoHub

YES

YES

Survey

Energy data

Mapping

NO
YES
(mostly actual)
YES
(mostly indicative)

NO
NO
YES

Obviously, CryoHub represents a substantial advancement, as compared with GCCA and ICE-E,
because this is the only international survey of refrigerated food warehouses which brings together
capacity, geographical and energy information, including Europe-wide mapping suitable for further
analysis and strategy planning in the food refrigeration sector. It is, however, important to note that
GCCA affords a global survey, which does not focus specifically on Europe.

3. MAPPING OF RENEWABLE ENERGY RESOURCES
This task focused on finding information about existing installations of wind and solar PV in EU28.
Additional installations have been also identified in non-EU countries, such as Switzerland, Norway
and Turkey. After some search, data from La Tene Maps (latenemaps.com) with proven reliability
were acquired, being previously collected in cooperation with the major European renewable energy
associations. In particular, datasets containing the following information (available in June 2016)
were used:
 Major Solar PV installations: location of 3200 built Solar PV installations in Europe over 1 MW.
 Major Onshore wind farms installations: location of 11700 onshore installations in Europe.
Offshore wind farms installations were not considered relevant for our analysis since they are
not located close to refrigerated warehouses and food factories.
By using ArcGis software, characteristic maps of wind and PV installations were produced for EUE28
(Fig. 4) and for the same groups of countries, formerly addressed by the warehouse study (see
Section 2.3). The results of the mapping revealed a concentration of renewable energy (PV and
wind) sites in Germany, Benelux, Ireland and UK, as well as in the Mediterranean areas, in particular,
Spain. Solar PV installations tend to be more concentrated in Spain, Germany, South of France,
Italy, Bulgaria, Greece, and the UK. Simultaneously, wind installations are more geographically
concentrated in Germany, Benelux, Spain, Portugal, UK, Ireland, France and Sweden (CryoHub
2017b).
The total power output of renewable energy installations, considered by the RES mapping exercise,
amounts to 154,758 GW, representing about 70% of the solar and wind energy installed capacity in
EU28 (CryoHub 2017b). This is a good approximation of the existing installed capacity for wind
and solar in EU28, given that only installations with a power output over 1 MW were included. A
number of suitable wind and solar PV installations were found across EU, which are located in
close proximity of, or directly in the territory of refrigerated warehouses, thereby permitting an
easier renewable integration and CES application.
Data on the PV and wind penetration in the EU28 were also gathered (as detailed in CryoHub,
2017b), e.g.:
 The PV and wind share in the electricity mix, as a proxy of countries where the
introduction of cryogenic storage to balance the transmission grid could be more promising,
given the high penetration of PV and wind.
 Wind and PV share in the renewable electricity mix to give an order of magnitude of the
importance of wind and PV, respectively, in the electricity mix, as a proxy to check the
completeness of the available data on installations.
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Figure 4: Mapping RES (both wind and PV) across EU28.

It was found out that renewable energy installations are widely spread across the EU28. Solar PV
installations are spread all over Europe, but with an important presence in Spain, Germany, South
of France, Italy, Bulgaria, Greece, and the UK. Wind installations are more concentrated in Germany,
Benelux, Spain, Portugal, UK, Ireland, France, and Sweden. Countries with an important share
(over 50%) of variable renewable energies, where the CES and LAES can potentially find place, are
Belgium, Denmark, Germany, Greece, Ireland, Spain and the UK (CryoHub, 2017b). Small countries,
such as Malta and Cyprus, even if they have a substantial share of variable renewable energy,
does not possess sufficient RES and warehouse capacities to benefit from large scale energy
storage. The share of wind and solar energy in the electricity generation is projected to grow from
6% in 2010 to 36% in 2050 (CryoHub, 2017b). This opens up promising opportunities for the
introduction of energy storage technologies to ensure that variable renewable energies can be
used at any time. A number of other countries thus become interesting as potential hosts of the
novel technology, given their quickly increasing share of variable renewable energy (e.g. Estonia,
Lithuania, the Netherlands, etc.).

4. LOCATIONS SUITABLE FOR CES-BASED TECHNOLOGIES
Mapping of energy used by refrigerated warehouse sites and comparing this to renewable energy
availability permits to identify the EU regions and areas which are most promising for renewable
energy projects in industrial food refrigeration. However, in some countries the smaller size of food
storage installations might limit the suitability of such applications. The results of this work provide
an on-going tool for determining the potential of CryoHub as an emerging sustainability-enhancing
technology in both energy and food preservation sectors.
Fig. 5 depicts the sites of large refrigerated food facilities across EU28, which are located in close
proximity (within 1 km) to reliable renewable energy sources, as described in more details in CryoHub
(2017b, 2017c).
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The mapping studies were the first stages in assessing how the technology can be adopted in
industry. Some of the mapping survey findings can be outlined as follows:
 Lack of very substantial variance of energy use across seasonal differences - even
though energy use is generally higher in the summer and lower in the winter, there are
significant peaks between November and January, possibly due to the additional demand
of Christmas and New Year shoppings.
 Clear correlation between warehouse capacity, renewable energy availability and
population of site locations. Such localities of large refrigerated warehouses (consuming
on average over 500 kW of power) are closely related to the need to process and preserve
perishable food commodities.
 Climate is influential with higher need for refrigeration capacities in the warmer regions,
while the largest refrigerated facilities are still located in Northern Europe.

Figure 5: Mapping refrigerated food warehouses (over 500 kW) located closely
(within 1 km) to wind energy parks (left) and solar PV installations (right).

As a result of the CryoHub mapping survey, the refrigerated warehouse of Frigologix in the city of
Lommel, Belgium (a company not qualifying to be mapped on Fig. 5 prior to 2017) was selected as a
“Gold CryoHub Champion” to host the CryoHub Demonstrator (currently under construction). A
detailed business case was developed to estimate the potential benefits from exploiting the project
results.

5. CONCLUDING REMARKS
The information gathered by this survey ensures a science-based approach to the RES integration
in refrigerated warehousing. The-first-of-its-kind Europe-wide mapping of the energy expenditure
by the sector, co-located with the RES availability, permits to identify the EU regions and areas
which are most promising for renewable energy projects in the area of industrial food refrigeration.
The concentration of large refrigerated warehouses in Europe clearly depends on the population
density and the production capacities for perishable food commodities. Although the importance of
climate, the potential for using CES and particularly LAES at refrigerated food facilities depends on
the overall technology level and the economic development in a country or region, rather than just
on the demand for food storage. Factors, such as population growth, migration and urbanisation
processes, dietary habits (e.g. increase use of ready-to-eat and chilled foods), etc., also have a
strong impact on economies and sustainability, thereby warranting further investigations.
It appears that, to date the reported CryoHub exercise is the only international survey of
refrigerated food warehouses which brings together capacity, geographical and energy information,
made readily available for strategic planning in the food refrigeration sector.
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ABSTRACT
This contribution focuses on a dynamic energy model of a refrigerated warehouse, which is used in
conjunction with a counterpart model of a liquid-air energy storage (LAES) system. These coupled
models represent a newly designed LAES pilot plant, which is to be integrated with an existing
refrigerated warehouse in Belgium. The designed pilot plant stores excess renewable energy in
periods of high availability and generates electricity in periods of high demand. Evaporating liquid
air employed for power generation is also utilized to directly refrigerate the warehouse. Along with
the usual energy storage benefits, the additional effect is reduced refrigeration demand of the
warehouse and improved round-trip efficiency of the LAES system. The developed model serves to
predict the temperature of the refrigerating air in the warehouse, as an important control variable for
the integrated LAES-warehouse system.
Keywords: Food Storage, Refrigerated Warehousing, Energy Storage, LAES, Energy Management

1. INTRODUCTION
Energy storage plays a key role in the transition to a more sustainable electricity system (European
Commission, 2017). It can help accommodate the increasing share of renewables in the energy
supply mix by compensating for the mismatch between the periods when the availability of
renewable energy is high and the periods of high energy demand in the power grid. LAES is a
recently proposed and tested technology for large-scale renewable energy storage (Morgan et al.,
2015). It offers the potential benefit of efficient integration with important industrial processes, such
as refrigerated warehousing of food and pharmaceuticals (Fikiin et al., 2017). A LAES system
stores energy by liquefying air (charge stage). When the demand is high, the system returns power
to the grid by boiling the stored cryogen (liquid air) at very low temperature and expanding it
through a series of turbines (discharge stage). The cooling effect of the cryogen evaporation
process can be employed to refrigerate on-site industrial facilities, thereby reducing their energy
demand and improving the round-trip efficiency of the LAES system.
The capability of synergistic operation of LAES with refrigerated warehouses and food factories is
investigated and developed by the EU-funded CryoHub project (CryoHub, 2016). One of the
research and development activities of CryoHub is a LAES pilot demonstrator, which is planned to
be assembled at the premises of the Frigologix company, located at the Maatheide industrial area
in Lommel, Belgium. The company has several refrigerated warehouses on site, one of which is to
be integrated with the LAES system. The warehouse consists of two refrigerated spaces – a large
frozen storage room and a loading dock (Fig. 1).
A combined dynamic energy model of the complete LAES system (including the refrigerated
warehouse) was developed prior to installation of the pilot plant. A MATLAB-based model was
used to explore different high-level control strategies and to identify optimal energy management
scenarios. The contribution focuses on the refrigerated warehouse model, which is used to
simulate its dynamic temperature response under variable load, plant’s refrigeration capacity and
climatic conditions. Notably, it accounts for the high thermal inertia of the refrigerated products and
its effect on the thermal behaviour of the warehouse via a simple lumped-capacitance model. The
model of the warehouse is presented, along with a brief discussion of its interaction with the model
of the LAES system and the results of the performed simulations for different scenarios.
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Figure 1: Sketch of the modelled cold store.

2. ENERGY MODEL OF THE REFRGERATED WAREHOUSE
The simplified warehouse model is designed to provide a reasonable approximation of the rate of
the refrigerating air temperature change during the simulation time step. The temperatures of the
refrigerated air in the frozen storage room and loading dock are important control variables for the
pilot plant as they determine the refrigeration capacity that has to be provided by either the LAES
system during discharging or the conventional vapour-compression refrigeration system available
on site. The calculations are based on the balance between the total refrigeration load and the
refrigeration capacity provided. The difference between them equals the amount of thermal energy
stored or released in the refrigerated space. The input and output variables of the model are
summarized in Fig. 2.

Figure 2: Inputs and outputs of the model.

Since the total heat capacity of the refrigerating air and the building envelope is very small, in
comparison with that of the stored products, the thermal inertia of the frozen storage room is to a
large degree determined by the heat capacity of the products.
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2.1.

Refrigeration loads

Calculations of the refrigeration loads are based on the methodology presented in ASHRAE (2018).
Since the general load calculation procedures are well known, the description below focuses on the
transient aspects of the model.
2.1.1.

Transmission

The transmission heat gain through each element of the building envelope is calculated as the
product of: its overall heat transfer coefficient, the surface area, and the temperature difference
between the external environment and the refrigerating air. For the roof and the external walls, the
temperature difference is adjusted to compensate for the solar radiation absorbed at the external
surface. The walls and the roof of the warehouse are made of 22-cm-thick PIR panels, whereas
the floor of the frozen storage room is provided with a frost heave protection system, which is
assumed to maintain the temperature below the floor insulation at 4 °C. While the overall heat
transfer coefficients and areas are constants in the model, the outdoor temperature, the
temperatures of the refrigerating air in each of the two refrigerated spaces and the temperature
allowance for solar effect are variable. Based on the heat balance of the external surfaces of the
roof and the walls, the temperature allowance for solar effect is calculated as:

∆𝑇𝑠𝑒 = 𝛼𝐼 ⁄ℎ𝑒

Eq. (1)

The global horizontal solar irradiance (i.e., the solar irradiance incident on the roof of the
warehouse) is an input obtained from hourly weather data, along with the outdoor air temperature.
As a simplification, the solar irradiance on all vertical surfaces (the external walls of the
warehouse) is calculated by multiplying the global horizontal solar irradiance by an adjustment
factor. Although this is a crude simplification, the resultant heat gain is not very sensitive to the
exact value of the solar irradiance within the expected range of error. Meanwhile, this approximation
reduces the computational time and eliminates the need for additional inputs to the model.
Values for the adjustment factor were obtained via simulations, using hourly solar radiation data for
Brussels (about 75 km from the site of the warehouse). The diffuse radiation model of Perez et al.
(1988) was used for calculating the solar irradiance on all external surfaces for each hour of the
year. The adjustment factors for the external walls of the frozen storage room (0.67) and the
loading dock (0.51) were calculated by dividing the annual area-weighted average solar irradiance
on the external walls by the global horizontal irradiance.
2.1.2.

Infiltration

The heat flow due to infiltration of air through each doorway is calculated according to the equation
of Gosney and Olama (ASHRAE, 2018). The density and enthalpy of moist air are calculated from
the temperature, relative humidity and barometric pressure, using the appropriate psychrometric
equations. The relative humidity of the refrigerating air is assumed to remain constant at 90% in
the frozen storage room and 80% in the loading dock. The relative humidity of the outdoor air is
obtained from the hourly weather data.
There is one door between the storage room and the loading dock with an estimated average time
of door openings per day of 5400 s (doorway open-time factor of 0.0625). The door is equipped
with a plastic strip curtain with an estimated effectiveness of 0.9. The loading dock has six external
doors with an estimated average time of door openings per day of 1.8 hours (doorway open-time
factor of 0.075). When a truck is loading or unloading, infiltration occurs around the crack between
the truck and the door, which has an estimated effective leakage area of 10% of the total door
area. Infiltration is assumed to occur through the whole unobstructed door area during 10% of the
opening time, and around the crack between the loading/unloading truck and the door – during the
rest of the time. Thus, on average infiltration occurs through 19% of the total door area, which is
equivalent to a protective device effectiveness of 0.81.
2.1.3.

Internal loads

The internal heat gains from people were calculated as a function of the temperature in the
refrigerated space (ASHRAE, 2018). The internal heat gains from equipment operating in the
refrigerated space (such as lighting, forklifts, packaging equipment, etc.) is calculated as a sum of
the heat gains from each piece of equipment, which are taken at their average daily values. These,
along with the number of people present, are assumed constant for each refrigerated space.
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The operation of the refrigeration equipment also contributes to the refrigeration load, primarily due
to heat gains form fan motors and coil defrosting. The heat gains associated with refrigeration
equipment operation were roughly estimated as a fraction of the refrigeration capacity (which is an
input to the model). This fraction is estimated at 15% for the frozen storage room and 5% for the
loading dock (the former requires substantial amount of defrosting).
2.2.

Passive thermal storage.

2.2.1.

Heat transfer between the refrigerating air and the stored products

The transient behaviour of the warehouse is determined by the presence of internal heat capacity
in each refrigerated space. In a cold store the total heat capacity of the building envelope and the
refrigerating air is very small compared to that of the stored products. Thermal storage in the
products is thus a major factor determining the thermal inertia of the system. As a simplification, it
is assumed that, during loading and unloading operations, the products leaving and entering the
frozen storage room have the same amount. Furthermore, products brought into the frozen storage
room are supposed to have the same temperature as the products already there (without a need
for heat removal to bring the products to storage temperature). It is therefore, assumed that most
products remain in long-term storage, while a relatively small percentage of the total amount is
loaded/unloaded during a day. The products entering storage are also sufficiently pre-cooled and
only a small amount of heat is gained during transportation.
The products are thus represented as a fixed heat capacity with uniform temperature. As the model
is intended to provide only an estimate of the thermal inertia of the refrigerated space and not the
actual temperature distribution in the products, the products are modelled as a simple lumped
capacitance system. The heat stored in them is represented by a single volume-average
temperature. The heat transfer between the products and the refrigerating air (either increasing or
decreasing the load) is calculated as the difference between the average temperatures of the
products and the air, divided by the total thermal resistance. Considering that the conduction
thermal resistance of the products is not negligible and is of the same order of magnitude as the
surface thermal resistance, an adaptation of the lumped capacitance model was used, where a
combined thermal resistance accounts, to a first approximation, for both the external (surface) and
internal (conduction) resistances of the lumped capacitance system (Lienhard and Glicksman, 2016):

𝑅𝑠 = [1⁄ℎ𝑠 + (𝑉𝑠 ⁄𝐴𝑠 )⁄𝑘𝑠 ](1⁄𝐴𝑠 )

Eq. (2)

All pallets in the frozen storage room were assumed as loaded with frozen food, packaged in
boxes or reusable plastic containers, which are stacked on standard Euro-pallets. Each pallet
holds 56 packages with 23 kg of frozen food. The pallets are loaded on nineteen 30-metre-long
mobile racks with five rows each. Each row holds a total of 32 stacked pallets. Thereby a total of
3040 pallets are stored in the frozen storage room. All assumptions and parameters, which refer to
the products in the frozen storage room, are summarized in Table 1.
Table 1. Assumptions and parameters related to the products in the frozen storage room.

Products

Palletization
and racking

Overall

Thermal conductivity [W/(m K)]
Specific heat capacity [J/(kg K)]
Net product mass per package [kg]
Number of packages per pallet
Number of pallets per rack
Number of racks
Total number of pallets
Volume of product stack on pallet [m3]
Surface area of product stack on pallet [m2]
Surface heat transfer coefficient [W/(m2 K)]
Total mass of products in the room [kg]
Total heat capacity of the stored products [J/K]
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2100
23
56
160
19
3040
1.6128
8.64
10
3 915 520
8 222 592 000
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Only the heat capacity of the frozen food was considered, whereas the presence of packaging
material was not deemed essential for the calculations. It was also assumed that the whole surface
area of the product stack on each pallet is exposed to the refrigerating air and uniformly exchanges
heat with it. The thermal conductivity and specific heat capacity of the internal thermal mass were
assumed equal to those of the packaged frozen food. The frozen products passing through the
loading dock absorb some heat from the warmer refrigerating air in the dock. However, if the
logistical operations are performed efficiently and the product turnaround is relatively small, the
magnitude of this heat transfer is negligible as compared with the total refrigeration load. Hence,
this effect was not considered in the model. Finally, heat transfer between the products and the
refrigerating air was considered for the frozen storage room only, where its effect is significant.
2.2.2.

Additional heat capacity

The use of a zone capacitance multiplier is a simple approach to account for the presence of
additional heat capacity in the refrigerated space, except that of the stored products. Considering
the concrete slab of the floor above the floor insulation as the only significant additional heat
capacity for both rooms, the capacitance multiplier was used to add the total heat capacity of the
floor slab to that of the indoor air. This simplification was made with the understanding that the
temperature gradient of the floor construction occurs in the insulation below the slab and the
average slab temperature is close to the air temperature. The capacitance multiplier for both
spaces was calculated as approximately equal to three. The calculations showed that the heat
capacities of the air and the floor slab in each refrigerated space are of the same order of
magnitude, whereas in the frozen storage room the heat capacity of the products is about two
orders of magnitude larger.
2.2.3.

Rate of temperature change

The rate of temperature change of the refrigerating air and the stored products, which are both
modelled as lumped capacitances, was determined by a system of two ordinary differential
equations (ODE) with respect to time (the index k applies to each calculated heat flow influencing
the temperature of the refrigerating air):

𝑑𝑇𝑖 ⁄𝑑𝑡 = ∑𝑘 𝑄̇𝑘 ⁄𝐶𝑖

Eq. (3)

𝑑𝑇𝑠 ⁄𝑑𝑡 = − 𝑄̇𝑠 ⁄𝐶𝑠

Eq. (4)

The heat flows involved in the differential equations are functions of the two temperatures. For
each time step of the simulation (defined as a time-span vector), the equations were solved in
MATLAB using one of the built-in ODE solvers (MathWorks, 2018).
2.3.

Temperature response of the refrigerated warehouse

There is a substantial difference between the temperature response of the frozen storage room
and that of the loading dock. The substantial heat capacity present in the frozen storage room
makes it much more thermally inert. Thus, the temperature of the refrigerating air in it changes
more gradually, which permits greater flexibility in the operation of the refrigeration system. The
products in the warehouse serve for passive thermal storage and can be used for load shifting.
This permits some time lag for the provision of refrigeration. For instance, the refrigeration load can
be shifted to periods when the LAES system is discharging, thereby saving energy from the
operation of the vapour-compression refrigeration system. The efficiency and feasibility of such a
strategy have previously been investigated by the Night Wind project (Van der Sluis, 2008).
The thermal inertia of the frozen storage room is illustrated in Fig. 3, which shows the temperature
response within one hour when the initial temperatures of the refrigerating air and the products are
−21 °C. Three scenarios are shown: (i) no refrigeration capacity is provided to offset the refrigeration
load (left); (ii) the refrigeration capacity approximately balances the load (middle); and (iii) refrigeration
capacity significantly exceeds the load (right). Fig. 4 shows the temperature response of the
refrigerating air in the same scenario as the one shown on the left side of Fig. 3, as compared with
another scenario where no products are stored in the room.
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Figure 3: Temperature response of the frozen storage room in three scenarios – no cooling (left);
refrigeration capacity balancing the load (middle); refrigeration capacity exceeding the load (right).

Figure 4: Comparison of the temperature response of the refrigerating air in the frozen storage room
in the scenario of Figure 3 (left) with the case of a complete absence of stored products

The figures above demonstrate the significant influence of the passive thermal storage in the frozen
food on the thermal inertia of the refrigerating air in the room.

3. INTERACTION WITH THE LAES SYSTEM
3.1.

Control strategies and energy performance metric

The complete energy model of the integrated pilot demonstrator (including cryogen liquefaction and
storage, a photovoltaic array as a renewable energy source, power generation turbines, and a food
warehouse refrigerated by both a conventional vapour-compression system and a LAES-enabled
one) was simulated to explore different high-level control strategies.
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Regarding the existing vapour-compression refrigeration equipment of the warehouse, there are 6
compressors available, which are switched on/off in pairs, resulting in 3 possible operation steps
with a maximum refrigeration capacity of 270 kW th. The thresholds for activation of the
compressors are between −20 ºC and −21 ºC during peak-tariff periods, and between −22 ºC and
−23 ºC during low-demand valley-tariff periods.
The primary performance metric used for the LAES system is the round-trip efficiency, which is the
ratio between the energy recovered by the system during the discharge stage and the total energy
input. The recovered energy consists of the electricity produced by the turbines and the electricity
saved by cooling the warehouse by means of the LAES system. The latter is equivalent to the
power consumption of the conventional vapour-compression refrigeration system which should
have been necessary to meet the same refrigeration load and can be calculated via the coefficient
of performance (COP) of the conventional system. The temperatures of the refrigerating air in the
frozen storage room and the loading dock (determined via the energy model of the warehouse) are
used to control and alternate the refrigeration supply from the LAES and conventional refrigeration
systems. Three different high-level control strategies for the LAES system (with increasing level of
complexity) have been investigated:
 Strategy 1: The LAES system is charged whenever surplus renewable energy is available;
 Strategy 2: In addition to the former, the system could be charged from the power grid, taking
advantage of low-tariff periods;
 Strategy 3: Same as above with the inclusion of a weather forecast service, which considers
the expected renewable generation in the following hours.
3.2.

Simulation outcomes

The energy performance of the system under the three control strategies has been simulated for a
reference week with varying external conditions (including days with high and low solar radiation).
The results of the simulations are summarized in Table 2.
Table 2. Energy performance of the LAES system for the reference week

Parameter
Electricity consumption for liquefaction
Electricity generated by the turbines
Electricity saved through refrigeration
Round-trip-efficiency

Strategy 1
3503.9
502.5
419.3
26.3

Strategy 2
5690.2
857.6
666.9
26.8

Strategy 3
8246.9
1326.0
934.6
27.4

Unit
kWh
kWh
kWh
%

In all simulated scenarios, the electricity saved through LAES-assisted refrigeration of the warehouse
has a substantial effect – almost doubling the round-trip efficiency of the LAES system.

4. CONCLUSIONS
The elaborated model employs a rather simplified approach for representing the transient thermal
behaviour of the refrigerated warehouse. However, it is computationally efficient and suitable for
the purpose of estimating the rate of temperature change in the given context. Notably, it is applied
in a situation where the allowed temperature variations are quite small. In the simulations the
temperature of the refrigerating air varied in the range of about 1 K, while the temperature change
of the products was negligible. In situations with prolonged periods of substantial mismatch
between the refrigeration load and refrigeration capacity of the system (e.g., if using the products
for passive thermal storage), the model response is quite sensitive to the assumptions made
regarding the product parameters. The model is designed to work in the given circumstances and
should be applied with caution in any other context.
The energy performance simulations, carried out for each of the three investigated control
strategies, showed a substantial improvement in the round-trip efficiency of the LAES system, due
to the utilization of evaporating cryogen for on-site refrigeration. The results indicate the
importance of synergistic operation of LAES systems and on-site refrigerated facilities, in order to
make this energy storage technology economically viable in a near future. The simulations could
be validated when the pilot plant becomes operational and enough data on its performance is
made available.
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NOMENCLATURE
A
C
h
I
k
Q˙

2

exposed surface area (m )
total heat capacity (J.K–1)
heat transfer coefficient (W.m–2×K–1)
solar irradiance (W.m–2)
thermal conductivity (W.m–1×K–1)
heat flow (W)

R
T
t
V
α
ΔT

total thermal resistance (K.W –1)
temperature (K)
time (s)
volume (m3)
solar absorptivity
temperature difference

s
se

stored products
allowance for solar effect

Subscripts
e
i

external (outdoor air)
internal (refrigerating air)
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ABSTRACT

In this paper, an experimental study on the efficient integration of cold storage (CTES) unit into a
R744 refrigeration system for food storage in supermarket cabinets is presented. The main idea is
to make use of the free space located at the top of the cabinet to place the cold storage. For this
purpose, the cold discharging process is a zero energy consumer and only operates using the CO2
thermosiphon effect. In this work, the CTES is a tube-in-tank storage unit where water is used as a
latent storage medium. It is connected from one side to the CO2 transcritical facility to ensure the
cold charging process, and from the other side to a glycol loop through a double-pipe heat exchanger
to simulate the supermarket cabinets’ load during the cold discharging process. The optimal
operating conditions that ensures the thermosiphon process were identified as being a wider
pressure range, and a higher heat load applied to the evaporator.
Keywords: Cold Thermal Energy Storage, Carbon Dioxide, Thermosiphon, Commercial
Refrigeration, Supermarkets, Transcritical Refrigeration System.

1. INTRODUCTION
Nowadays, the main challenge faced by the supermarket industry is to meet both efficiency and the
environmental sustainability criterion in order to reduce the share of the refrigeration energy
consumption, limit the greenhouse gas emission and provide a good food quality to the customers.
Compared to synthetic refrigerants, R744 represents a very attractive alternative. It presents no
Ozone Depleting Potential and a negligible Global Warming Potential. In addition, it is neither toxic
nor flammable. R744 is widely available and its utilization is one of the main tasks set by the new
environmental policies when it comes to the CO2 capture, storage and utilization (CCSU).
Nevertheless, the high-pressure operation of R744 transcritical systems leads to higher initial costs
(D’Agaro et al., 2018). The need for thermal energy storage (TES) in the supermarket industry is
increasing steadily in order to tackle both the high power consumption and the initial costs. Although
the performance of R744 transcritical systems was thoroughly investigated in the last decade (Gullo
et al., 2018), the application of cold thermal energy storage integrated with a display cabinet is barely
studied (Fidorra et al., 2016). According to the authors knowledge a similar technology does not exist
at an industrial scale. Thermal energy storage is considered to have a double benefit. First, it allows
for the rationalization of the energy supply capacity by supplying the extra energy demand during
peak hours. Second, it improves the cost effectiveness when there is a time shift between energy
supply and demand.
In this paper, experimental investigations on the efficient integration of thermal cold storage (TCS)
into a CO2 transcritical system were carried out. The main idea is to take advantage of the free space
located at the top of the display cabinet and integrate the storage. The cold discharging process is
zero energy consumer and only operates using the CO2 thermosiphon effect. The experimental setup
consists of a coil-in-tank storage unit connected to the CO2 transcritical system. The tank is filled
with water as the phase change medium (ice storage) and the refrigerant (CO2) is flowing into a
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helically coiled tube heat exchanger immersed in the water. The CTES is connected from one side
to SuperSmart_Rack transcritical R744 facility (Pardiñas et al., 2018) to ensure the cold charging
process. It is connected from the other side to a glycol loop through a double-pipe heat exchanger
to simulate the supermarket cabinets’ load during the cold discharging process. This paper aims to
identify the main operating conditions that ensures the thermosiphon effect to take place.

2. EXPERIMENTAL SETUP AND TEST PROTOCOL
The test rig is built in order to simulate a supermarket display cabinet with an integrated TCS. The
main challenge encountered with the design of this new generation of display cabinets is related to
an optimized integration of the storage taking into account the small free space available in the
supermarkets. The use of the free space at the top of the cabinets is then of big interest.
Nevertheless, a special consideration to the cabinet structure should be attributed to take into
account the extra volume weight of the storage and the eventual water leakage. The evaporator is
located at the bottom of the cabinet in order to ensure the thermosiphon working conditions.
The experimental setup is represented in Fig.1. The cold storage is connected to the R744
transcritical system through a helically coiled tube heat exchanger (HEX) in order to ensure the
charging process. In this configuration, the cold storage acts as an evaporator. For the discharging
process, the cold storage is connected to a glycol loop which simulates the cooling load. In this case,
the cold storage will act as a condenser. Both cycles are related through a tube-in-tube heat. PT100 temperature sensors are located at the CO2 inlet (PT-1) and the CO2 outlet (PT-2) of the charging
cycle. The inlet and outlet glycol temperature to the tube-in-tube HEX are measured using (PT-3)
and (PT-4), respectively. The cold storage is connected to the Super_Smart Rack CO2 refrigeration
unit through the valves (V-900) and (V-905), respectively. The differential (DP1) and absolute (AP)
pressures are used to measure the pressure drop in the helically coiled tube HEX and the pressure
at the CO2 outlet, respectively. A pump (P-1) is mounted in the glycol cycle to circulate the glycol
through the HEX. Heat is applied to the glycol through an electrical heater (H-1) in order to simulate
the supermarket display cabinet’s load.

Figure 1: PID diagram of the experimental setup

The CO2-glycol loop (Fig. 2b) is located at the ground level and the cold storage (Fig. 2a) is situated
at an upper level in order to guarantee the thermosiphon height conditions. The tube-in-tube HEX
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will act as an evaporator during the discharging process. Insulation material is applied to the cold
storage in order to reduce the heat losses to the environment.

(a) Cold storage

(b) Evaporator

Figure 2: Actual experimental setup at the NTNU laboratory

2.2. Ice Storage Design
The ice storage consists of a tank with a total volume of 1m3. A three concentric helically coiled tubes
HEX is immersed in the tank. CO2 is flowing through the HEX to remove heat from the storage
medium and ensure the charging process. Fig. 3a represents the front view of the solidworks HEX
model. Fig. 3b shows the real arrangement from the experimental setup. The tubes are made of
copper, and have the same length, in order to ensure a similar pressure drop at the outlet of the cold
storage and enable the thermosiphon effect. Every coil is composed of 6 turns. Different diameters
have been applied for each coil in order to enhance the heat transfer. The applied diameters are 540
mm, 360mm and 225mm, 180mm and 115mm. The thermal dilatation was considered in the design
of the heat exchanger. The cyclically loading (charging and discharging) of the ice storage was not
taken into consideration in the mechanical design and service life.

(a) 3D CAD model
(b) actual arrangement in the lab
Figure 3: Coil tubes distribution inside the CTES

During charging process, the CO2 refrigerant comes from the Super_Smart Rack, through the
expansion valve V-900 (see Fig.1) at a pressure of 27 bar. Heat transfer occurs inside the cold
storage between the liquid CO2 at boiling point, and the water. The temperature of the water at the
beginning of the experiments is around 12℃. Fig. 4 shows the position of both temperature sensors
for the CO2 refrigerants at the inlet and outlet of the cold storage. At the exit of the cold storage, the
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CO2 flows through the glycol heat exchanger, and goes back to the refrigeration system through
valve V-905 (see Fig.1). The mass flowrate of the CO2 is regulated by the valve V-901(see Fig.1).

(a) inlet of CTES

(b) outlet of CTEs

Figure 4: Temperature sensors located at the inlet and outlet of the CTES

During discharging, both inlet and outlet valves to the main CO2 refrigeration system are closed.
Valve V-903 will be opened, to ensure the circulation of the CO2 in a closed loop. The refrigerant will
travel from the cold storage to the glycol heat exchanger via the thermosiphon working principle of
the evaporator.
2.3 Thermosiphon Heat Exchanger
During the discharging process the CO2 stream enters the tube-in-tube
HEX. The glycol flows through the outer tube, while the CO2 flows through
the inner tube (see Fig.2b). The glycol loop is used to simulate the cabinet
temperature, thus one of the aims of the experiments is to keep the glycol
outlet temperature constant at 4℃. The working principle of the
thermosiphon effect is depicted in Fig. 5. The cold storage is represented
by the condenser, while the cabinets evaporator is represented by the
reboiler. The thermosiphon working principle is based on natural
convection. Natural convection works based on the density difference
between the two CO2 phases. The blue line represents the CO2 liquid
phase, that leaves the cold storage and will go the evaporator. The red line
represents the CO2 vapour, that goes from the evaporator to the cold
storage, through natural convection. At the outlet of the cold storage, the
CO2 liquid phase should be at boiling point. At the inlet of the cold storage,
the CO2 vapour phase should be at the dew point. For 27 bar pressure, the
CO2 saturation temperature is -9.3℃. The force that drives the
Figure 5: The thermosiphon
thermosiphon, is the pressure difference between the vapour and the
effect
liquid streams. The pressure difference is influenced by the densities
of the CO2, but also by the height between the cold storage and the
evaporator. The height between the condenser and the reboiler in the test facility is 2.05m. The
normal height of a display cabinet for a supermarket is around 2.1m.
2.4 Test Conditions
The focus of this paper is to carry out experiments only on the discharging process in order to have
a better understanding of the cold storage performance. For this purpose, two objectives were set:
achieving a constant and stable outlet glycol temperature around 4℃, and identifying the parameters
that influence the thermosiphon working principle. Table 1 presents the parameters that were kept
constant during discharging, for different set of experiments.

Parameters
Cold storage capacity, kJ
Heater load, W

Table 1. Discharging mode parameters

Experiment 1
5540
0

Experiment 2
6187
150
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Time of discharging, h

6

6

6

3. RESULTS AND DISCUSSIONS
3.1 Thermosiphon Working Conditions
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The pressure drop is the main key factor of a successful thermosiphon process. For this purpose,
the influence of the CO2 flowrate on the pressure drop was firstly studied. Fig. 6 shows the variation
of the refrigerant mass flowrate with the pressure drop during the discharging mode. At the beginning
of the discharging process, there is an increased pressure drop in the first 15 minutes, for the last
two experiments, where different heat loads were applied to the glycol system. The increased
pressure drop was due to a larger temperature difference between the refrigerant and the glycol,
inside the evaporator. The glycol temperature and heat transfer rates are represented in Fig. 7. In
the first experiment, it can be noted that in the beginning of the discharging, the inlet temperature of
the glycol flow was 10℃ (see Fig. 7a). After 3 hours, the temperature decreased to 3.8℃, and it
remained constant for the rest of the experiment. The outlet glycol temperature remained constant
at 3.2℃ after the first 3 hours until the end of the experiment. No heat transfer occurred due to an
insignificant pressure drop, which is the driving force for the thermosiphon (see Fig. 6). In the second
experiment, the discharging started with a glycol inlet temperature of 17℃ (see Fig. 7b), it reached
a peak at 28℃, and decreased to 11℃ by the end of the experiment. The glycol outlet temperature
reached a temperature of 8.4℃ by the end of the discharging process. There was insignificant
pressure drop, and no mass flowrate for the refrigerant (see Fig. 6). In the third experiment, the heat
load applied to the glycol loop was increased to 460W, which led to a slightly higher pressure
difference in the thermosiphon evaporator, on the CO2 side (see Fig. 6). The discharging process
started with an inlet glycol temperature of 19℃, reached a peak at 40℃, and decreased to 13℃ after
3 hours, where it remained constant for the rest of the experiment (see Fig. 7c). The outlet
temperature of the glycol, remained constant after 3 hours at 7.6℃.

-0.5

Mass flow rate - 3
Pressure drop - 3

Figure 6: CO2 mass flowrate and pressure drop variation during discharging for: 0W (1), 150W (2),
and 460W (3) heat load

The glycol mass flowrate was kept constant throughout the experiment at 1.4 kg/min. The heat
transfer rate inside the evaporator can be observed in Fig. 7. A similar behavior for the heat transfer
rate was observed in the experiments. A larger temperature different between the inlet and the outlet
temperatures of the glycol lead to a better heat transfer rate. In the first experiment (Fig. 7a) the heat
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Temperature, ℃
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transfer inside the evaporator is very low, due to a lower glycol temperature difference (∆Tglycol). In
the second experiment (Fig. 7b), the temperature difference increases, giving a better heat transfer
within the heat exchanger. However, the thermosiphon HEX was not able to decrease the glycol
temperature to 4℃, since the pressure drop on the CO2 side, which drives the thermosiphon, was
still low. The third experiment (Fig. 7c) showed the best results in terms of heat transfer rate (average
value of 0.3 kJ/s compared to no heat transfer rate in the first experiment, and 0.1 kJ/s for the second
experiment). The ∆Tglycol remained constant at 5℃ after the first two hours, with a constant outlet
glycol temperature of 8℃. The reason the evaporator was not able to fulfill the 4℃ requirement at
the outlet of the glycol loop, was that after the first 2 hours, the system’s driving force, the ∆p, was
too low to get the thermosiphon work.

(a) 0W heat load
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Time, h
(c) 460W heat load
Figure 7: Glycol temperature and heat transfer rate distribution during discharging
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3.2 Ice Storage Temperature Profile
The temperature profile for different locations inside the cold storage was analyzed for a better
understanding of the discharging process. Fig. 8 shows the vertical distribution of the water
temperature for the entire discharging process. In Fig. 8, TC16, TC11 and TC22 refer to the
thermocouple readings located at the top, middle and the bottom of the HEX. A similar behavior has
been observed in the three experiments. A sensible heat storage occurs during the first 15 minutes,
rising the ice temperature to 0℃. Then, the phase change “plateau” is clearly observed until the
phase change is completed, and the water temperature increases again. The first two sets of
experiments (Fig. 8a, and Fig. 8b), have a similar temperature profile. The temperature readings at
the bottom of the storage (TC22) show that there is no latent heat transfer occurring (only sensible
heat). In the third experiment (Fig. 8c), the higher heat input (460W) to the evaporator leads to a
shorter phase change time. The higher temperature values for water show that the storage is not
able to cool the CO2 bellow 4℃. This implies that the glycol temperature at the outlet of the
evaporator will not be able to meet the requirements from the supermarket (See Fig. 7c).
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(a) 0W heat load
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(b) 150W heat load
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(c) 460W heat load
Figure 8: Ice temperature vertical distribution inside the cold storage during discharging
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4. CONCLUSION AND FURTHER WORK
This paper presents the first set of experiments for the discharging process carried out on a CTES
connected to a transcritical R744 refrigeration system. The thermosiphon effect took place for the
high refrigerant operating pressures, ranging from 27 to 40 bar. In order to keep the CO2 flow
circulating through the thermosiphon HEX, a higher heat load applied to the glycol loop was needed
in the evaporator. Due to the extra heat load, the temperature difference inside the evaporator
increased, which enabled a better heat transfer rate (0.03 kJ/s). The maximum heat load applied to
the system during the experiments, was 460W. A real display cabinet, in a supermarket, has a
cooling capacity of 2000W (Alzuwaid et al., 2015). With a 460W heat load, the thermosiphon
evaporator was able to cool the glycol temperature from 20℃ to 8℃, in the first 2 hours, and kept it
constant throughout the discharging process. The cold storage (charging) process will be further
investigated and the results will help to analyze the stationary and the dynamic behavior of the cold
storage. A numerical model using the Modelica and Dymola computer programs is actually being
performed to simulate the entire system, for various ambient and boundary conditions. The model
will be validated using the available experimental data.

NOMENCLATURE
CCSU
CTES
HEX
PCM
PID
TES, TCS
TC
𝑄̇

Carbon dioxide capture, storage and utilization
Cold thermal energy storage
Heat exchanger
Phase change material
Process and instrumentation diagram
Thermal energy storage, Thermal cold storage
Thermocouple
Heat transfer rate, kW
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ABSTRACT
The present work reports the numerical modeling of the heat and mass transfer inside a
refrigerated truck trailer. The numerical model solves the conjugated heat and mass transfer inside
the trailer under unsteady conditions. The conservation equations of mass, momentum and energy
are solved in 3D and closed using the k-ω SST model. It has been first validated against the
numerical and experimental data of Lafaye de Micheaux et al. (2015). The results are then
extended to a refrigeration system based on eutectic plates and placed in a refrigerated truck
trailer used to transport frozen products. An innovative way to represent fans is also proposed. The
inter-plate distance and the direction of the fans are optimized.
Keywords: Truck Trailer, Refrigeration System, Computational Fluid Dynamics, Turbulence
Modeling.

1. INTRODUCTION
Food transport, including motive power and refrigeration, is estimated to be responsible for around
2% of total greenhouse gas emissions in developed countries (Tassou et al., 2007). Road transport
refrigeration equipments need to operate reliably in harsher environments compared to stationary
equipments. Legislations exist and provide common standards for temperature-controlled transport
vehicles and tests to be done on such equipments for certification purposes (UN Economic
commission for Europe, 2003). As an example, milk for industrial processing and ice cream should
be transported at 6°C and -25°C, respectively. Apart from these operating conditions required to
preserve the cold chain, constraints due to available space, noise and weight make them less
efficient than stationary systems.
For road transport vehicles, different types of refrigeration units exist depending mainly on the size
of the vehicle and its load: vapour compression systems with a vehicle or an auxiliary alternator
unit, a direct belt drive or an auxiliary diesel unit. The majority of medium to large vehicles use
refrigeration units that include a self-contained diesel engine. Running at full capacity to guarantee
-20°C within the trailer, the fuel consumption of this unit is up to 5 liters per hour. To overcome that,
eutectic systems have been developed and used in prototype vehicles. They consist of tubes,
beams or plates filled with a phase change material to store energy and produce a cooling effect.
They are charged at night and they operate silently during the day for a specific duration of time.
Such systems may be suitable for short distance deliveries. However, the heat losses though
frequent door openings can be a major concern in humid climates, inducing condensation and the
formation of ice along the plates, which blocks the heat transfer with the surrounding air.
The heat and mass transfers inside a refrigerated chamber exhibit some similarities with the truck
trailer configuration and have received much more attention (Azzouz et al., 1993; Hoang et al.,
2000; Foster et al., 2003). To the best of our knowledge, only Tso et al. (2002), and more recently
Lafaye de Micheaux et al. (2015), investigated the velocity and temperature distributions in a truck
trailer with different door openings. These last authors provided a combined experimental and
numerical investigation, which will serve to validate the present solver. However, compared to the
present case, they did not consider any refrigeration system. The main objective of the present
study is then to develop an efficient and accurate numerical model able to determine the flow field
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and temperature distribution inside a truck container refrigerated with eutectic plates for the
transportation of frozen goods.

2. NUMERICAL MODELING
Two configurations have been simulated in the following sections: the test bench developed by
Lafaye de Micheaux et al. (2015) has been first modeled for validation purposes, before
considering a new configuration including eutectic plates.
2.1.

Geometrical Modeling

Fig. 1 shows the system configuration assessed in this study and the characteristic dimensions. At
the back of the truck trailer, three vertical plates containing the frozen eutectic mixture act as the
cooling source. During normal operation, the fusion inside the plates keeps their surface at a
constant temperature equal to 244 K during about 8 hours. They are separated from the rest of the
trailer by a vertical wall letting an opening denoted (d) at the bottom of the plates. The interplate
spacing (f=h=g) will be varied to optimize the flow between the plates. All dimensions, which are
based on commercially available plates and truck container, are given in Table 1.
A set of four fans mounted above the plates maintains the air circulation between the plates and
within the container. Two directions for the air flow are considered: blowing and suction. Fans are
modeled by adding a source term (ρairUfan) in the momentum equations with a characteristic value
Ufan=8.4 m.s-1 to match the existing fans.

Figure 1: 2D view of the truck trailer with eutectic plates (left) and zoom on the eutectic plates (right)
with relevant notations
Table 1. Container and eutectic plate dimensions (in m)

Container

Length

7.33

Height

2.616
Plates

Thickness

0.054

Height

1.76
Longitudinal spacings

f=g=h

0.036, 0.06 or 0.1
Vertical spacings

a, b, c, d, e

0.05, 0.2, 0.346, 0.2, 0.206
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2.2.

Numerical Method

All calculations are performed using the finite-volume software CFX ANSYS v16.1. The flow and
heat transfer are modeled by solving the Unsteady Favre Averaged Navier-Stokes equations
(UFANS) as well as the conservation of mass and total energy. Buoyancy driven flows with
temperature differences over 20 K are expected. Therefore, dry air is supposed to be an ideal gas
with variable density but constant transport properties. Turbulence effects are accounted for using
the Shear Stress Transport k-ω model (k-ω SST) with production terms representing buoyancy
contributions to the turbulent field. Second-order upwind and centered schemes are chosen
respectively for the spatial discretization of the advective and diffusive terms, while a second-order
Backward-Euler scheme with implicit time-stepping is used for the temporal discretization. A RhieChow fourth-order algorithm is applied to overcome the pressure-velocity coupling.
2.3.

Numerical Parameters

Unstructured meshes composed of triangular elements are generated using Centaur for the spatial
discretization of the 2D domain (Fig. 2). 12 prismatic layers are added close to all solid boundaries
including the plates with a refinement rate set to 1.1. Local refinements are also imposed in the
door interface region and at the location of the fans. The mesh grid composed of 903 084 cells
provides grid-independent solutions. The first element is located at around 1 mm of solid walls.

Figure 2: Details of the 2D mesh used for the container with eutectic plates

An adaptive time-step approach is adopted to ensure a smooth time convergence. Generally, the
time step remains around 5×10-3 s. At each time step, the discretized UFANS equations are solved
using an inner-loop with convergence criteria for mass, momentum and energy residuals RMS
under 10-5. Simulations are performed using 20 CPU nodes with 12 AMD Opteron 6172 cores 32
GB RAM per node (supercomputer Mammouth-MP2, Université de Sherbrooke). For close
configurations, steady-state results converge after about 3 hours.
All trailer walls are supposed to be adiabatic. A general-connection interface is set at the opening
doorway, through which the air may flow freely in any direction. All calculations are initialized with
constant pressure (101 325 Pa), a zero velocity field and temperatures for each sub-domain
depending on the assessed case.

3. RESULTS AND DISCUSSION
3.1.

Validation of the Flow Solver

The numerical model has been first validated against the experimental and numerical results of
Lafaye de Micheaux et al. (2015) for a similar configuration but without eutectic plates and fans.
The truck container is completely empty and has inner dimensions equal to 2.35×2.5×5.51 m³
(Height × Width × Length). It is placed midway in a tunnel (5.43×5.5×31 m³) at a distance of 0.35
cm from the floor. In the baseline experiment, the container and wind tunnel initial temperatures
are respectively fixed to 253 K and 293 K. At t=0 s, the container doorway is fully open and data
inside the container and at the door (comprising velocity and temperature) are registered for about
60 s.
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The model is the one described in Section 2 except the following numerical details. All wind tunnel
walls are supposed to be adiabatic, whereas the container walls are either adiabatic or allow for
heat conduction with a thermal equivalent resistance of 1.84 W.m-2.K-1, which is based on typical
refrigerated container insulation layers. An opening boundary condition is imposed at the wind
tunnel rightmost surface, allowing an air flow in any direction (inlet air having a temperature of 293
K). A symmetry condition is imposed at the mid-plane of the 3D case to reduce the computational
cost. For the 2D and 3D cases the mesh grids are composed of 146 000 and 13 400 000 elements
respectively, leading to a wall coordinate at the container walls close to 5.
At 10 s

At 20 s

At 40 s

At 60 s
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Figure 3: Axial distributions of the streamwise mean velocity (left) and temperature (right) at four
different times. Comparisons between the experimental (symbols) and numerical (−) data of Lafaye
de Micheaux et al. (2015) and the present simulations: (− -) 3D /adiabatic walls, (− -) 2D / adiabatic
walls and (− -) 2d / heat losses

For the benchmark study, a baseline case with container and wind tunnel initial temperatures of
respectively 253 K and 293 K is modeled using three numerical configurations: (i) 3D domain
without heat losses through the container walls, (ii) 2D domain with conducting container walls and
(iii) 2D domain with adiabatic walls. At t=0 s, the back door is fully (and instantaneously) open.
The axial distributions of the mean velocity and temperature at the door opening are displayed in
Fig. 3 for t=10 s, 20 s, 40 s and 60 s. The present numerical results are compared with the
experimental and numerical data of Lafaye de Micheaux et al. (2015). These authors used a 2D
unsteady realizable k-ε model. A good general agreement is observed whatever the numerical
assumptions. The 3D numerical setup seems to better fit the experimental data, in particular at
t=10 s and t=40 s. Both 2D approaches show good accuracy and even a better capture of the
velocity profile at t = 60 s. Due to the measure uncertainty reported by these authors, no definitive
conclusion can be drawn from these profiles.
Regarding the temperature distributions, at t = 10 s, the air flow is yet in an early stage not far from
the initial step profile, with a constant temperature close to 293 K for y/hdoor>0.4 and a large
temperature gradient along the trailer bottom. No distinguishable differences are seen between all
the numerical setups. As the time passes, the profile evolves into a curved shape with a maximum
temperature of about 289 K. All numerical approaches seem to overpredict its maximum by about
1 K. At instants t=20 s and t=40 s, both 2D solvers fail to fully replicate the experimental profiles for
y/hdoor≤0.2, which is particularly noticeable for the 2D case with adiabatic walls at t=20 s.
Nonetheless, the differences are of the same range as the dispersion of the experimental data.
Important deviations are also observed in the near-wall regions, particularly for y/ hdoor→1, where
the numerical models predict a constant wall temperature of 293K whereas the experimental data
reveals an important temperature gradient. The temperature gradient at the bottom is well
captured, specially by the 2D models.

Figure 4: Temporal evolution of the infiltration rate through the door. Same legend as Figure 3

Fig. 4 displays the temporal evolution of the infiltration rate, i.e. the time dependent volume flow
rate across the doorway. It accounts for the external humidity level from the surroundings. The
determination of this infiltration rate is fully detailed in Lafaye de Micheaux et al. (2015). It is
noteworthy first that the experimental uncertainty on this quantity is huge as reported on the figure.
The three numerical setups are able to properly capture the main features of the experimental
results, in particular the initial flow acceleration and the time needed for reaching a steady state
(after approximately 32 s). The greatest difference is attained by the 3D model for the period
between 11 s and 22 s, which coincides with the passing of a large eddy across the doorway,
implying recirculation and thus negative infiltration values for a short period. It is besides unclear if
the experimental procedure properly reports these structures as the reported values are averaged
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over the door centerline, whereas the 3D results comprise a full integration over the door surface.
This would also explain the better fit of both 2D models.
As a conclusion, although the 3D approach shows a better overall agreement with the
experimental data, both in terms of velocity and temperature profiles across the door, it does not
bring a significant improvement over the results obtained with the 2D models. The same can be
concluded with regards to the inclusion of heat conduction across the container walls. Therefore,
given its better compromise in terms of complexity versus accuracy, the 2D setup with adiabatic
walls has been chosen for modeling the refrigerated container with eutectic plates.
3.2.

Heat and Mass Transfer within the Trailer Equipped with Eutectic Plates

The truck trailer equipped with 3 eutectic plates and fans, as described in Section 2.1, is now
considered in 2D with adiabatic walls. Fig. 5 reports 2D maps of the temperature and velocity fields
for a closed trailer with an interplate spacing g=0.1 m. Fans suck air from the trailer to the plate
region. As shown in Fig. 4, the transient period is usually short such that if the doorway is not open,
the steady-state regime is attained after less than 1 min. The temperature is well homogenized in
the trailer, around -24⁰C, except close to the separation wall and between the plates. The most
important point is that temperature is not uniform when comparing it between plates 1 and 2 and
plates 2 and 3. It is mainly due to the geometrical configuration, where air is constrained to flow
between plates 2 and 3. On the contrary, air between plates 1 and 2 is almost at rest. In the trailer,
fans impose a large recirculation with a thin boundary layer along the bottom wall.

-1

Figure 5: 2D maps of temperature (top, in ⁰C) and velocity (bottom, in m.s ) for the case with an
interplate spacing g=0.1 m and a suction effect induced by the fans

To better distribute air between all plates, the influence of the interplate spacing g has been
quantified. The results are summarized in Table 2 for three interplate spacings and the blowing and
suction modes. They are reported in terms of the average air temperature and velocity. There is no
real influence of g on these two quantities. The blowing mode provides the lowest average
temperature whatever the value of g. The case with g=0.06 cm induces the lowest temperature in
the loading region and has been chosen in the following.
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Table 2. Influence of the interpolate spacing g (=f=h) on the average air temperature and velocity
in the loading and plate regions of the trailer

g (cm)
0.036
0.06
0.10

Average temperature ( C)
Loading region
Plate region
blowing
suction
blowing
suction
-22.88
-21.03
-22.31
-21.69
-24.06
-22.63
-23.53
-22.84
-23.52
-21.52
-23.37
-22.29

Average air velocity (m.s-1)
Loading region
Plate region
blowing
suction
blowing
suction
3.42
3.85
11.51
11.62
3.09
3.64
7.07
7.24
2.94
3.74
5.16
4.60

-1

Figure 6: 2D maps of the velocity magnitude (m.s ) for the case with an interplate spacing g=0.06 m
and a blowing effect induced by the fans. Zooms along the bottom wall between the separation wall
and the first plate. From left to right: base case, rounded separation wall, rounded separation wall
with d=e

Fig. 6 displays 2D maps of the velocity field for the most favorable case (g=0.06 m and blowing
mode) at the bottom of the spacing between plate 3 and the separation wall. It is noticeable that
contrary to the case g = 0.1 m, air flows easily between plates 2 and 3 but remains almost at rest
between plate 3 and the separation wall. To improve the air distribution, two small geometrical
modifications have been introduced: the bottom of the separation wall has been rounded (middle,
Fig. 6) and then the separation wall has been aligned vertically with plate 3 (d=e). Rounding the
bottom of the separation wall improves the air passing between this wall and plate 3. It is even
more improved when aligning the plate and the wall. A geometrical optimization is however still
required to prevent from the formation of the recirculation zone observed at the back of plate 3 in
these 3 cases (Fig. 6).

4. CONCLUSIONS
A numerical model has been developed and carefully validated to predict the turbulent flow and
heat transfer inside a refrigerated truck trailer equipped with an innovative refrigeration system
based on three eutectic plates. The model has been first validated against the experimental and
numerical data of Lafaye de Micheaux et al. (2015). 3D effects are preponderant regarding the
infiltration flowrate when the doorway is open. On the contrary, including heat losses by conduction
and 3D effects does not influence significantly the velocity and temperature distributions at the
midplane of the doorway. The k-ω SST silghtly improves the predictions of the realizable k-ε model
of Lafaye de Micheaux et al. (2015).
Future developments should include a multiphase model to account for both the humidity of air and
the phase change of the eutectic mixture. The major concern is besides the formation of ice along
the plates, which blocks the heat transfer with the surrounding air. Large Eddy Simulations could
also be performed to better predict the 3D coherent structures appearing when the doorway is
open and which may be responsible for the mixing of the humid hot air from the surrounding with
the dry cold air from the trailer.
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NOMENCLATURE
Acronyms

Symbols

CFD

g

Interplate spacing (m)

hdoor

Height of the doorway/trailer (m)

Ufan
t
y

Heat flux (m∙s-1)
Times (s)
Vertical distance (m)

Computational Fluid Dynamics
Unsteady Favre Average Navier
UFANS
Stokes
Greek letter
ρair

Air density (kg∙m-)
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ABSTRACT
In maritime refrigerated containers air is drawn from just below the ceiling into the refrigeration unit,
where it is cooled to the desired temperature and then supplied into 60 mm high longitudinal T-bars,
which make up the container floor. Cargo temperatures at the door-end are usually 2 °C higher than
the supply air temperature. A better air flow distribution could improve the temperature uniformity. In
earlier work four different air flow enhancing floor cover shapes were tested in a climate chamber.
The aim of this study is to assess the effectiveness of the best of those four air flow enhancing floor
covers in a field experiment with commercial container shipments from South Africa to The
Netherlands. Three test containers contained that air flow enhancing floor cover, three reference
containers did not. All other parameters were, to the extent possible, the same for all containers.
Based on the test results it is concluded that the tested air flow enhancing floor cover reduces the
difference between the warmest and the coldest cargo temperature in shipments of precooled grapes
by approximately 30%.
Keywords: air distribution, air flow, duct, refrigerated container, temperature difference.

1. INTRODUCTION
In maritime refrigerated containers air is drawn from just below the ceiling into the refrigeration unit,
where it is cooled to the desired temperature and then supplied into 60 mm high longitudinal T-bars,
which make up the container floor. Door-end temperatures are usually up to 2 °C higher than supply
air temperature.
In earlier work Lukasse & Staal (2018) found that air flow enhancing T-bar floor covers (hereinafter
referred to as ‘air flow enhancers’) can help to guide more air towards the door-end and hence create
more uniform temperatures. The subject of this study is a large scale field experiment to assess the
effectiveness of the best air flow enhancer found by Lukasse & Staal (2018).
The aim is to experimentally assess the effect of that air flow enhancer on temperature gradients
during real reefer container transport of grapes.

2. THEORY
2.1

Air flow distribution in reefer containers

As already explained in Lukasse & Staal (2018) for climate control in contained spaces conditioned
air needs to be guided to the place where it is needed. This is typically done by air ducts. For example
virtually every office building has these air ducts, usually hidden behind the ceilings. In the design of
air ducts the diameter of the ducts is tuned to air flow rates: wide ducts close to the air conditioning
unit, and small ducts delivering the air to the most distant office space. The relatively high air flow
resistance of the air duct outlets, as compared to the resistance inside the ducts, helps to achieve a
relatively even air distribution throughout the office building.
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Reefer containers have a T-floor. The T-floor exists of 35 longitudinal T-bars extending over the
complete length of the container’s cargo space (see Fig. 1). T-bars are the air ducts of reefer
containers, but their design is rudimentary: the cross section is the same over the complete length,
and the air flow resistance of the air outlet at the top of the T-bars is very low. Hence most air escapes
from the ducts before reaching the container door-end if no further measures are taken. Therefore
dedicated air flow enhancers or cargo stowage patterns, closing off the right areas of the T-bar top
openings, are a means to guide air to where it is needed and thus improve temperature management.
That’s why the use of fillers, also known as dunnage is recommended (see e.g. anonymous, no year;
de Haan, no year; Montsma et al., 2011). Also covering parts of the floor has been reported (Cronje
et al., 2015; Defraeye et al., 2016; Elíasson et al., 2013). Lawton (1995; 1999) presents an L-shaped
board placed against / on top of the door-end pallets with the aim to exploit the fact that air in side
T-bars warms more than in centre T-bars. The test results reported in Lawton (1999) concern a
hand-stowed cargo, while there is no mentioning
pitch
opening
of palletized cargo. The system is especially
meant for tight stows. For loads of trays,
specifically facilitating horizontal air flow, even
more complex air guidance systems have been
proposed (Dodd & Worthington-Smith, 2006).
height
Lukasse & Staal (2018) were the first to propose
a trapezoid shape air flow enhancer, covering the
major part of the floor. They report a nearly 50%
reduction of cargo temperature differences,
measured in climate chamber tests. The subject Fig. 1, schematic cross section of a T-bar floor
of this study is to assess the effectiveness of that section. Standard dimensions in 40ft HC reefers:
air flow enhancer in real transports.
height = 60 mm, pitch = 63.5 mm, opening = 35
2.2

mm.

Key performance indicators

In an experimental study on temperature distribution in reefer containers lots of temperature
measurements need to be evaluated, and somehow condensed to one or a few simple measures.
In climate chamber tests one would typically create a pure steady state. That is not possible in field
experiments. Therefore a practical approach needs to be taken.
Table 1 lists the key performance indicators used to evaluate the data collected by the experiment’s
31 loggers per container, which are more or less evenly distributed throughout the container load.
The KPIs will be explained in the following paragraphs.
Table 1, key performance indicators (KPIs) used to evaluate the results

Name
𝑇
std(T)
(warmest-coldest)all_trip
(warmest-coldest)hot_ambient
(coldest sensor ID)hot_ambient
(warmest sensor ID)hot_ambient

Description
average over all loggers and all sampling instants
standard deviation over all loggers and all sampling instants
Warmest time-averaged sensor minus coldest time-averaged
sensor in a container. The time-average is taken over the whole
trip.
Warmest time-averaged sensor minus coldest time-averaged
sensor in a container. The time-average is taken over the 48 hours
period where ambient temperature was highest.
Location of the sensor which recorded the coldest time-averaged
temperature during the 48 hours period where ambient
temperature was lowest.
Location of the sensor which recorded the warmest time-averaged
temperature during the 48 hours period where ambient
temperature was highest.

𝑇 is just one number, being the average over the temperatures recorded by all loggers over all
sampling instants from stuffing till unstuffing:
𝑇 =

𝑆𝑖
∑𝑁𝑖
𝑡𝑖=1 ∑𝑠=1 𝑇(𝑠,𝑡𝑖)

𝑁𝑖∗𝑆𝑖
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with
T(s,ti) = the temperature recorded by logger s on time instant ti.
Si = total number of loggers per container (= 31).
Ni = total number of sampling instants from stuffing till unstuffing.
Reefer containers set at -0.5 °C control the supply air temperature measured by the unit’s supply air
temperature sensor to set point. A low mean temperature is therefore indicative of more uniform
temperatures. However the unit’s supply air temperature sensor is not perfect. A sensor offset of e.g.
+0.1 °C reduces the temperature at all locations in the container by 0.1 °C, thus reducing the mean
temperature, without affecting temperature uniformity. Hence solely analysing mean temperature is
not good enough.
Standard deviation does not suffer the above described weakness. The standard deviation std(T) of
the temperature readings recorded by all loggers over all sampling instants from stuffing till
unstuffing:
1

𝑆𝑖
2
𝑠𝑡𝑑(𝑇) = √𝑁𝑖∗𝑆𝑖−1 ∑𝑁𝑖
𝑡𝑖=1 ∑𝑠=1(𝑇(𝑠, 𝑡𝑖) − 𝑚𝑒𝑎𝑛 𝑡𝑒𝑚𝑝. )

[°C]

(2)

In general, a low standard deviation indicates that the data points tend to be close to the mean value
of the data set. Assuming normally distributed temperature readings, 68% of the readings are within
the range 𝑇 ± std(T). Hence, the lower std(T) the more uniform the temperatures within the container.
Another criterion, insensitive to possible unit sensor faults, is the difference between the warmest
and the coldest logger. (warmest-coldest)all_trip is the warmest time-averaged logger minus coldest
time-averaged logger in a container, where the time-average is taken over the whole trip:
(𝑤𝑎𝑟𝑚𝑒𝑠𝑡 − 𝑐𝑜𝑙𝑑𝑒𝑠𝑡)𝑎𝑙𝑙_𝑡𝑟𝑖𝑝 = max (

∑𝑁𝑖
𝑡𝑖=1 𝑇(𝑠,𝑡𝑖)

𝑠

𝑁𝑖

) − min (

∑𝑁𝑖
𝑡𝑖=1 𝑇(𝑠,𝑡𝑖)
𝑁𝑖

𝑠

[°C]

)

(3)

When ambient temperature is highest the temperature gradients inside the container tend to be
biggest. Therefore it is informative to analyse the difference between the warmest and the coldest
logger specifically during the period where ambient temperature was highest, this is done in
(warmest-coldest)hot_ambient:
(𝑤𝑎𝑟𝑚𝑒𝑠𝑡 − 𝑐𝑜𝑙𝑑𝑒𝑠𝑡)ℎ𝑜𝑡_𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = max (
𝑠

∑𝑡ℎ𝑒
𝑡𝑖=𝑡ℎ𝑠 𝑇(𝑠,𝑡𝑖)
𝑡ℎ𝑒−𝑡ℎ𝑠+1

) − min (
𝑠

∑𝑡ℎ𝑒
𝑡𝑖=𝑡ℎ𝑠 𝑇(𝑠,𝑡𝑖)
𝑡ℎ𝑒−𝑡ℎ𝑠+1

)

[°C]

(4)

where
ths = time instant defining the start of the period of hot ambient.
the = time instant defining the end of the period of hot ambient.
Finally, it is informative to know the locations of the coldest and the warmest spots. These are given
in (coldest sensor ID)hot_ambient and (warmest sensor ID)hot_ambient:
(𝑐𝑜𝑙𝑑𝑒𝑠𝑡 𝑠𝑒𝑛𝑠𝑜𝑟 𝐼𝐷)ℎ𝑜𝑡_𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = argmin (

∑𝑡ℎ𝑒
𝑡𝑖=𝑡ℎ𝑠 𝑇(𝑠,𝑡𝑖)

𝑠

(𝑤𝑎𝑟𝑚𝑒𝑠𝑡 𝑠𝑒𝑛𝑠𝑜𝑟 𝐼𝐷)ℎ𝑜𝑡_𝑎𝑚𝑏𝑖𝑒𝑛𝑡 = argmax (
𝑠

)

𝑡ℎ𝑒−𝑡ℎ𝑠+1
∑𝑡ℎ𝑒
𝑡𝑖=𝑡ℎ𝑠 𝑇(𝑠,𝑡𝑖)
𝑡ℎ𝑒−𝑡ℎ𝑠+1

)

[-]

(5)

[-]

(6)

Apart from the KPIs described in Table 1 temperature contour plots for cross sections of the
containers will be made to visualize temperature gradients throughout the containers at some
moments during the trip.

3. MATERIALS AND METHODS
A field experiment was done in a commercial shipment of six standard 40 ft. HC reefer containers
travelling at the same time in the same corridor. The three test containers contained an air flow
enhancer, the three reference containers did not contain the air flow enhancer. All other parameters
were as much as possible identical: all containers are 40 ft. HC reefers with Carrier PrimeLine
refrigeration units, set point -0.5 °C, fresh air exchange closed. Manufacturing date is 2015 for five
containers, and 2009 for one container. All containers are positioned on deck on tier 1, none of them
at the outer bay. Hence all of them are shaded from direct sunlight and experience approx. the same
ambient temperature. See Table 2 for detailed specifications of the journey. Just before unstuffing
the data recordings from the refrigeration units’ controllers were retrieved.
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Table 2, trip details.

Characteristic
date of stuffing
place of stuffing
date of loading on vessel
date of unloading from vessel
date of unstuffing
place of unstuffing
port of loading
port of unloading

Value
21-01-2017
Gouda, South Africa
26-01-2017
13-02-2017
14-02-2017
Barendrecht, The Netherlands
Cape Town, South Africa
Rotterdam, The Netherlands

3.1

Packaging and stowage

Each container was stowed with
21 pallets according to the
floorplan sketched in Fig. 3.
Pallet 19 is a europallet (80 x
120 cm), all other pallets are
standard pallets (100 x 120 cm).
All
grapes
are
cultivar

Thompson Seedless, class 1, of regular berry size.
A standard pallet carries 5 stacks of 25 trays. The height of the pallets stacked with trays is 2.40m.
Trays are made of corrugated cardboard, and measure L x W x H = 60 x 40 x 9 cm. The bottom of
the trays contains four vent openings of ø25mm. The trays have an open top. In the upper end of
the long sides the trays have an opening of 33 x 220 mm, allowing for some horizontal air flow.
When filling a tray first one LDPE liner is placed. 11 Punnets with grapes are placed inside the liner.
One SO2 pad is placed on top of the punnets, then the liner is folded over the punnets and SO 2 pad,
and non-hermetically closed with three small adhesive tapes. The liners contain 52 vent openings of
ø6mm, evenly distributed over the sides, and the outer areas of top and bottom area folded around
the 11 punnets.
The space for vertical air flow through a pallet load is very limited, because vent openings in the
bottom of trays are limited in size and number and effectively blocked by the liner inside the tray.
The space for horizontal air flow through a pallet load is also limited. The short sides of trays have
no vent openings. The long sides of trays have a vent opening, but most of this area is obstructed
by punnets folded in the liner. Moreover, the bottom of the next tray ± rests on top of the punnets in
a tray. Possibly only the three stacks next to each other, with connected vent openings in the long
tray sides, allow for some horizontal air flow through the pallet load. See Getahun et al. (2017) for
possible consequences on temperature gradients.
3.2

Air flow enhancing T-bar floor cover

The field trial’s airflow enhancers were provided by www.otflow.com. The company manufactures air
flow enhancers based on the shape of the best air flow enhancer found by Lukasse & Staal (2018).
For ease of manufacturing the dimensions deviate a little from those of the best floor cover reported
in Lukasse & Staal (2018). See Fig. 2 for a sketch of the air flow enhancer used in this trial, including
its dimensions.
Thanks to the trapezoid shape first the wall-side T-bars open up. The further from the unit-end the
more side T-bars open up. This favourably stimulates air, leaving the T-bars before the door-end, to
flow between the cargo and the wall, where heat enters the container. The air in the centre T-bars
can only leave the T-bars near the door-end, and is used for removing heat from the door-end.

1380

900

2140
11100 mm

Fig. 2, sketch of air flow enhancer used in the experiment (dimensions in mm). The narrow end is
placed at the door-end 580 mm from the end of the T-bar. As a result the 2140 mm wide section at the
unit-end covers 1050 mm of T-bar and approx. 330 mm of baffle plate.

3.3

Measurements and instrumentation

In each container the temperatures were recorded with LogTag trix8 temperature loggers in 31
locations. All loggers are placed inside grape cartons. See Fig. 3 for the exact positions. The loggers
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have a 0.1 °C resolution. Temperatures were logged at 10 min. intervals. Loggers were pre- and
post-calibrated at 0 °C and 30 °C. The maximum observed deviation from reference is 0.3 °C @ 30
°C, and only 0.1 °C @ 0 °C.
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Fig. 3, placement of temperature recorders in all trial containers (top view). Red squares indicate
positions of temperature logger numbers, U = Up (top layer), D = Down (bottom layer), M = Middle (layer
12). All Upper loggers are drawn in the right position. D- and M- loggers are positioned right underneath
the U-loggers. It’s just for ease of drawing in the 2D plane that they’re drawn beside each other.

4. RESULTS
The data recordings retrieved from the refrigeration units’ controllers (not shown) confirm that all
units operated normally. The unit datalogs also recorded ambient temperature. The warmest ambient
temperatures are recorded between 31-01-2017 and 02-02-2017, day 10 till 12 of the trial. In that
period all six units record very similar ambient temperatures, fluctuating between 26 and 35 °C.
4.1

Temperatures recorded by experiment’s loggers

Two of the 186 loggers went missing, all others recorded flawlessly. Table 3 lists the values for the
KPIs defined in section 2.2. Columns 2 till 7 present the values for the six trial containers.
Table 3, key performance indicators per container (A till C are containers with air flow enhancer, and
D till F without).

KPI
A
B
C
D
E
F
𝑇
0.1
0.2
0.2
0.4
0.1
0.4
std(T)
0.6
0.6
0.5
0.8
0.7
0.7
(warmest-coldest)all_trip
1.6
2.0
1.6
2.4
2.3
2.9
(warmest-coldest)hot_ambient
2.2
2.6
1.9
2.9
3.2
3.6
(coldest sensor ID)hot_ambient
7
4
7
4
7
4
(warmest sensor ID)hot_ambient
30
18
27
18
26
28
In Table 3 the mean temperature in container E is distinctly lower than in containers D and F. The
cause is unclear, but may e.g. be due to an offset of the unit’s supply air temperature sensor. The
other criteria are less ambiguous.
The three lowest standard deviations std(T) are observed in the three containers with air flow
enhancer, showing that the air flow enhancer helps to reduce temperature gradients. The criteria
(warmest-coldest)all_trip and (warmest-coldest)hot_ambient show the same: the smallest temperature
differences are found in the containers with air flow enhancer.
Compare (warmest-coldest)all_trip for container (A, B, C) to container (D, E, F) to see that the air flow
enhancer reduces the average difference between warmest and coldest temperature by approx.
30%. The same holds during the hottest part of the trip (see ‘(warmest-coldest), hot ambient’ in Table
3).
The air flow enhancer has no clear effect on the location of the coldest spot: (coldest sensor
ID)hot_ambient is 4 in container B, D and F, and 7 in container A, C, and E. As illustrated in Fig. 3 both
are located in the lower half of the two unit-end pallets.
The air flow enhancer has no clear effect on the location of the warmest spot: (warmest sensor
ID)hot_ambient is different in nearly every container, but all locations are in the door-end half of the
container, mostly near the doors and against the ceiling. See Fig. 3 for illustration of sensor locations.
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Another informative, though more qualitative, way of analysing temperatures is by looking at contour
plots. Fig. 4 present the contour plots of temperatures for a side view of the containers at moment of
the trip where ambient temperature was highest. The position of sensors in the 3D container is
defined by (length, width, height). Fig. 4 plots in the 2D surface spanned by (length, height), using
all 31 sensors per container. When at a specific (length, height)-combination multiple sensors are
present, the figures present the average of those sensors. For example the temperature at (length,
height) = (0, 0) is the average of the readings from sensors 2 and 7, while the temperature at (length,
height) = (1.0 m., 0) is the reading of sensor 5 (see Fig. 3).

Fig. 4, contour plot of temperatures (side view) when ambient temperature is highest (30 ~ 35 °C).

Fig. 4 nicely visualizes the effectiveness of the air flow enhancer in suppressing high door-end
temperatures during hot ambient conditions.

5. DISCUSSION
A priori a concern was whether the air flow enhancer would limit the air flow in the lower parts of
pallets 1 till approx. 7 too much, resulting in hot spots due to autonomous heat production in that
zone. None of that was observed. Apparently, in this low respiring fruit, the air flow enhancer allows
for sufficient airflow in the lower regions of the pallets at the unit-end.
The trial containers were carried on deck. Many reefer containers are carried in holds below deck.
In the holds ambient temperatures are usually higher than on deck. Hence it is to be expected that
in many shipments air flow enhancers will have a bigger effect than observed in this trial.
The air flow enhancer has a positive effect on temperature uniformity. How to appreciate that? In
many cases the temperature effect may be too small to observe an effect on quality. Then the use
of the air flow enhancer may be pointless. On the other hand the air flow enhancer has a positive
effect on temperature, and therefore mitigates the risk of temperature-related quality issues.
How will the air flow enhancer perform in transport of different products? This trial proves the positive
temperature effect of this air flow enhancer for a load of properly precooled grapes. Of course the
results apply to a wider range of commodities. The same effect is to be expected in any load of
properly precooled low-respiring product.
Where to use the air flow enhancer in practice is a commercial decision: it’s a trade-off between
extra costs, extra work and extra waste against a reduced risk of temperature-related quality issues.
A shipment reaching the receiver with temperature-related quality issues concentrated at the doorend would have benefited from the air flow enhancer. It is probably not useful to apply the air flow
enhancer in every grape transport. The use of the air flow enhancer is first of all recommended in
transports of weak batches of temperature-sensitive products, travelling in trade lanes with long
transit times and hot ambient conditions.
Another potentially interesting application domain of the air flow enhancer is in cold treatment
shipments. Cold treatment shipments are shipments during which a cold treatment is applied to the
fruit. Cold treatments are treatments meant to control specific pests associated with the shipments
of fruit. Many quarantine authorities of fruit importing countries have their own authorized cold
treatment schedules. All of them are based on the principle that a given pest insect, e.g.
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Mediterranean fruit fly, cannot survive a temperature colder than treatment limit °C for duration days.
In cold treatment shipments three temperature recorders have to be inserted in the fruit in prescribed
locations. At least one of those locations is in a pallet near the doors. Failing to maintain the three
recorded temperatures below the treatment limit °C for duration days can have large commercial
impacts. An air flow enhancer increases temperature uniformity and hence increases the chance of
complying with the protocol. For more details on cold treatment see e.g. Anonymous (2016).
It remains to be seen how this air flow enhancer performs in commodities which are not properly
precooled or have a high autonomous heat production. In the (large volume) banana trade it is
standard practice to stuff without precooling the fruit. Moreover bananas have a relatively high
autonomous heat production. Therefore a test on a load of palletized bananas would be informative.
Most informative would be a long shipment through hot climates, e.g. Ecuador to Europe in
containers placed below deck.
During stuffing it turned out that the air flow enhancer could not stand the weight of the forklift. The
cover tore in many places. In the experiment the tears were repaired with duct tape. This has been
reason for Otflow to revisit the design of the air flow enhancer after the experiment. In the new design
it is installed in parts such that the forklifts don’t need to drive on it during stuffing.

6. CONCLUSIONS
This trial’s air flow enhancing floor cover reduces the temperature difference between warmest and
coldest measurement location in shipments of precooled grapes by approx. 30%.
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APPENDIX 1, TEST LOG
Date [dd-mm-yyyy]
14-12-2016
20-01-2017
21-01-2017
13-02-2017
14-02-2017
15-02-2017

Description of activities
pre-calibration of temperature loggers
preparation and labelling of experimental pallets
stuffing of all six trial containers
Retrieval of refrigeration units’ data records in port of destination
unstuffing of trial containers
post-calibration of temperature loggers
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ABSTRACT
Supply of raw material (fish) to the land-based Surimi processing plants in India involves
harvesting of various fish species by motorized boats, mainly from the Arabian Sea. The catch is
stored in compartments with ice for an average trip duration of 10 days. The raw material changes
hand at the dock. The fish is washed with fresh water, manually unloaded, weighed and re-packed
in iced crates. It is then transported in insulated trucks, either as whole fish or after it is manually
headed and gutted (by pre-processors). Once inside the plant, the Surimi processing is essentially
automated employing standard machinery. Ammonia based vapour compression systems are
mostly used for supplying ice, for chilling of fresh water required during processing and deep
freezing of Surimi slabs for storage. This paper explores improvement strategies for temperature
control during the non-standard cold chain and also for meeting the in-plant cooling demand to
improve product quality and energy efficiency.
Keywords: Surimi Supply Chain; Surimi Processing, Cold chain, Refrigeration, Energy efficiency

1. INTRODUCTION
Fishing and allied activities is a prominent provider of job and sustenance for a large population
along the 7500 km long coastline of India. Apart from the catch from open sea, a larger share of
fish for both domestic consumption and export comes from various inland rivers, ponds and water
bodies under culture. It is estimated that about 60% of the domestic population consumes fish
(Salim, 2016) but the annual per capita consumption of fish among fish eating population is only 89 kg, which is well below the global average. The domestic consumption also has regional bias
towards fresh catch from sweet water sources such as river and farm fish. For India, the total
earnings from sea food export was $7.08 billion during the financial year 2017-18 (Nambudri,
2018), of which 44% was generated from export of just one single species – white leg shrimp
(Litopenaeus Vannamei). Whole frozen fish is the second largest export product and contributed to
25.6% in terms of quantity and 10.4% in terms of earning. Overall there was healthy growth of sea
food export from India in recent years.
Among the processed seafood exported from India, Surimi is an important product, which had a
value share of 2.5% of total export earnings. Surimi is minced and processed fish, exported in the
form of frozen blocks, often made from inexpensive whitefish. Surimi is used as raw material for
various processed food. Japan is by far the largest importer of Indian Surimi. Considering the large
Surimi demand in USA, Japan, China and various European countries, there is potential to grow
export from India. Market potential of Surimi derived ready-to-eat food made in India also may be
explored.
A 2008 study (Raghuram and Asopa, 2008) pointed out the absence of requisite cold chain
infrastructure in the supply side for the Indian Surimi industry as one of the main barriers for
growth. Our survey also finds this as one of the major challenges. The current study named
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ReValue (supported by Inno-Indigo) is a horizontal ERA-Net project with India, which focuses on
improving the surimi value chain, by for example improving the cold chain. As part of this multilateral research initiative, several visits have been made to various fish landing docks, Surimi
manufacturing units and Rest Raw Material (RRM) processing units for observation and
measurements. In addition, two international workshops and group meetings were conducted to
connect with both international research partners and industry stakeholders (Thakur, 2018).

2. THEORY AND METHODS
2.1. Temperature measurement
Low temperature storage is one of the most important factors to preserve fish quality and extend
shelf life. The decay rate of both fish (raw material) as well as Surimi (product) are temperature
dependent. Measurement and control of temperature of fish from the point of harvest until the
processed fish reaches cold storage, needs constant vigilance to ascertain suitable temperature
throughout handling and storage. Hand held digital thermometer (as seen in Fig. 1c) with an
accuracy of ±0.5 °C is recommended by FAO for measuring temperature of wet fish (Smith, w/o
year). The document also stressed that for large fish, there may be substantial difference between
the surface temperature and core temperature, especially during freezing and thawing processes.
Therefore, it is recommended that major part of the thermometer probe is inserted into the fish
while measurement is taken and that the tip of the probe is near the centre of the largest cross
sectional dimension of the fish (thermal centre of the fish). Since the fish sizes are small for Surimi
(less than 20 mm in thickness), only the surface temperature were measured in this study, using
quick response digital thermometer.
Fish harvested for Surimi is stored within layers of crushed ice. Melting ice with adequate water
drainage facility ensures storage at 0 °C. When exposed to ambient temperatures (typically can go
up to 35 oC), the small fishes for Surimi heats up relatively quickly owing to much greater surface
area per unit volume helping in the heat transfer process.
Processed fish as Surimi can be stored long term (more than a year) in frozen condition. Various
aspects of freezing of fish and fish products for long term storage and quality issues have been
well studied (Johnston, et al. 1994, Gelman, et al. 2001, Burgaard, 2010, Dawson, et al. 2018).
Burgaard (2010) experimentally investigated degradation effects on fish muscle over long-term
storage within the range of −20 °C to −80 °C. It is established that lower the temperature, longer
fish can be preserved.
2.2. Quality assessment
Freshness of iced whole fish depend upon the species and ambient temperature; for example, one
of the shortest is for Cod (7 day) and one of the longest is for Red fish (14 days) (Hélène et al.,
2010). The average duration of fishing excursions for a boat during this survey was found to be 10
days. No scientific study has been found in the open literature for Indian Surimi fish varieties in
iced condition. Sensory evaluation of freshness is a standard and scientific practice for fish quality
assessment, which uses standard tables and charts to interpret characteristics of fish as perceived
by senses of smell, touch, colour, odour, texture, taste etc. European Union (EU) freshness
grading scheme and Quality index method (QIM) are commonly accepted sensory assessment
techniques that have been standardized for various fish species. QIM was developed by the
European fisheries research institutes, in close cooperation with the seafood industry; sensory
assessment is achieved in a safe and systematic process employing an objective quality
assessment method. There are many studies (Howgate, 2015, Cheng et al., 2015) that reported
experiments conducted over specific fish species such as evaluation of un-gutted European sea
bass for storage in melting ice based on sensory assessment using EU scheme for a range of days
of storage. While for up to 3 days of storage, the fish was found to be in the highest grade of E as
per the EU Scheme, the fish quality was observed to deteriorate nonlinearly with passing days and
beyond 17 days it was rendered unfit for consumption and the degradation process could be
assessed using sensory assessment. In general, the QIM method is considered more objective
and accurate compared to the EU Scheme to determine fish freshness. It is based on
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characteristic changes that occur in raw fish related to the attributes of its outer appearance of the
eye, skin, gill and odour etc. over a 0 to 3 scale and a cumulative score on all the evaluative are
used for final assessment. QIM method suggests skin stiffness outcome to be segregated as
following: Stiff, in rigor mortis – 0 (fresh); Firm elastic – 1; Soft – 2; Very soft – 3 (stale).

3. DESCRIPTION OF SURIMI SUPPLY CHAIN – RESULTS AND OBSERVATIONS
Surimi produced in India is essentially for the export market as domestic consumption of Surimi is
almost non-existent. There are not many Surimi producers in India and majority of them are
located along the west coast and sources raw material from the Arabian Sea. The raw material is
mostly small size lean fish dominated by Pink Perch of 20-30 gm weight category (Fig. 1c), which
otherwise do not fetch good price in the local market. The industry also faces a major challenge in
terms of a seasonally variable and non-uniform supply of raw material.
Surimi is exported as frozen 10 kg slabs with a thickness of 55 to 60 mm. The price of Surimi in the
international market varies according to colour, consistency and gel strength, apart from assurance
of food safety. Surimi export market is quality conscious and good quality white Surimi having the
right consistency fetches higher price and have greater demand. Freshness of fish arriving at
processing plant plays a major role in deciding the output quality.
3.1. Handling of catch after haul
Shelf life of the whole fish is limited by enzymatic and microbial spoilage that sets in as soon as
fish is harvested. The degradation rate is accelerated by warm and humid climate and this factor is
especially relevant to weather condition at Indian sea coasts. Preservation of the catch after the
haul, until it is unloaded at landing centres, is therefore important for fishermen.
It was observed during this survey that use of purse seines gear is predominantly the method for
fish harvesting in western India. It is also a standard practice for fishing boats to carry crushed ice
in some of the wooden/fibre compartments that are built into the boat deck. Fresh catch, after
washing and sorting, are stored between layers of ice in such compartments. It may be noted that
a catch is a mix of many varieties of fish species, which personnel on board separates and the
suitable ones is stored separately in different compartments and the rest is discarded. In order of
preference, the fish for Surimi is generally lower down the list of choice for the fishermen due to the
price difference. For iced storage, fishermen use a thumb rule of 3:2 to 1:1 by volume of fish to ice
in storage compartments. The quantity of ice appears to be sufficient for 10 to 15 days for storage
in melting ice as per sample calculation provided (Huss, 1995, Thanu Agritech portal, 2014).
However, it was observed that some fishing boats arrive with their iced compartments flooded with
no solid ice left. In one case, fish surface temperature was measured as high as 9 °C on
unloading, while ambient temperature was 25 °C. However, in majority of the cases, fish arrives
well lumped with crushed ice inside the compartments.
Fish quality may also be affected due to inappropriate handling methods and storage or stacking
condition which can lead to physical, chemical, biological and microbial changes in fish and may
also lead to contamination. Time interval between hauling and actual storage is also important,
during which fish post-mortem remain exposed to sun on the deck. It is prescribed (Reilly, 2000)
that the wash water and ice used should be free of contamination. During the survey, we did not
find any quality assurance measure in place for the supplied ice and water to the boats. Literature
also cites benefits of use of 10 PPM chlorinated water for both ice and wash water towards
abatement of bacterial contamination and slime formation on fishing gear and boat deck (Burns,
1985).
3.2. Fish handling at landing centres
The general practice we found is that unloading from boat is sequential with compartments
containing fish for Surimi unloaded last. Sometimes a boat needs to dock at multiple landing
centres to unload different variety of catch. Landing at multiple sites also extends the time from
catch to processing, which can affect the quality of the Surimi. Simultaneous unloading was
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observed at Mirkarwada Dock in Ratnagiri where many boats were found to predominantly cater to
Surimi plant and this helps in reducing the time span from catch to processing.
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Figure 1. Practice and processes at a fish landing centre

Water at varying ambient temperature is pumped to the containers in boat to remove ice from fish
before unloading. De-icing is necessary at landing point to weigh the catch, as the raw material
changes hand from fishermen to intermediate consolidators at this point. The unloading process is
observed to be rather slow and clumsy, during which porters wearing rubber boots and gloves are
observed to stand inside containers directly over iced fish and scoop out fish using small
containers for transfer from boat to land. Fig. 1 a, exhibit the boat unloading practice and process
at landing centres. Some limited spillage of small fish during handling was also observed. A study
reported 10% damage of whole fish resulting from large heaping at hold and workers directly
treading over fish while handling (Thanu Agritech portal, 2014). Fish is also subjected to sampling
for limited sensory evaluation to ascertain its quality upon landing, which decides pricing. During
this study, we essentially found finger press test to be conducted on fish samples to assess
freshness. After weighing, the fish is placed in standard HDPE plastic crates between layers of
crushed ice. The iced crates are then loaded into insulated trucks and are either sent directly to
Surimi manufacturing plants or to one of the various heading and gutting centres. Near the landing
site, there are a number of heading and gutting centres where the process is entirely manual.
These centres also serve to a manual prawn de-shelling process, which as a business volume is
perceivably much larger. These centres may also serve as intermediate holds for fish, before being
sent to Surimi plants. However, we find this intermediate unchilling, storage and temperature
abuse a matter of serious concern and avoidable with appropriate logistics planning.
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3.3. Fish handling at Surimi processing plant
Fish for Surimi production, filled in standard plastic crates and mixed with ice, may arrive round the
clock at the processing plant. Depending upon availability, the fish is either taken up immediately
for processing or kept in a refrigerated room for up to 2 days at 4 °C. This is necessary for the
processing plant as supply is not at regular interval. In most cases, the input raw material comes
as de-headed and de-gutted, while the plant also maintains a small sorting and heading-gutting
facility equipped with metal lined tables and manned by contract labour. Incoming raw material is
washed to remove dirt and ice and weighed again before being fed to conveyer-cum-washing
drum. The surface temperature of fish at this point ranges from 4 °C to 10 °C. The process
hereafter is fairly standardised and automated with minimal human intervention. Throughout the
processing stage, the temperature is maintained near 10 °C, essentially utilising cold water for the
various wash cycles. From loading on the conveyor to final outgoing of Surimi slabs, fish meat
spends about 2 hours inside the factory. The Surimi blocks are immediately after production
wrapped in food grade plastic and then frozen in plate freezers. The evaporator temperature of the
plate freezers is −40 °C and the Surimi slabs are frozen for about 2 hours. This reduces the core
temperature of the Surimi slab to below −18 °C. The Surimi is then packed in cardboard boxes and
transferred to a cold storage maintained at −18 °C. It is stored there before being dispatched in
refrigerated trucks for export.

4. SUGGESTIONS FOR IMPROVEMENTS
4.1. Handling of catch after haul
Every care must be taken on the deck to shorten the time interval between catch and storing in
crushed ice and also to avoid mechanical damage to fish and exposure to sunlight – the processes
which can hasten fish degradation. This is important because once the freshness and nutritional
value of fish is lost, it cannot be recovered in the processing stages. Immediate bleeding of fish
after catch and/or gutting before chilling can help in preserving freshness but considering the small
size of fish for Surimi and the large numbers in which they are caught, on-board manual gutting
process is impracticable. Valuable RRM is also lost in this process. Discrete fishing site choice for
specific varieties and use of appropriate mesh size of fishing net can potentially reduce the variety
and size mix in a catch and thereby shorten on-deck sorting activities and delay in storage.
Ice and water used in the boat are loaded at the start of the trip and there is much needed quality
assurance measure on the same in order to avoid bacterial and chemical contamination of fish.
Fishing boats with on-board refrigeration facility is a common practice elsewhere in the world and
can contribute in a big way towards enhancing fishing duration as well as fish quality. On-board
refrigeration also opens up potential to explore use of RSW (Refrigerated Sea Water). For
example, in Norway, pelagic fish (e.g. herring, mackerel, blue whiting) is stored in RSW tanks of
capacity up to 300 m3 (Widell et al., 2016). Deep sea water is considered to have sound biological
property as organic material concentrations are nearly constant (Wiesenburg and Little, 1987) and
have much lower concentration of dissolved as well as particulate organic carbon compared to sea
surface or near shore. It contain about 3% salt thereby its phase change temperature is about −2
°C. Further heat capacity of sea ice is 2900 J kg-1 k-1 while that of fresh water ice is 2108 J kg-1 k-1;
this favourable thermophysical property of sea ice could be very helpful in fish preservation for a
longer duration.
There is scope of use of better insulation material like EPS lining etc. inside the compartments in
boat and on the compartment lead for preservation of temperature for a longer duration as
suggested (Shawyer, et al. 2003). Alternately the complete storage compartments can be redesigned with suitable material along with provision for drainage of water, which at this point is
missing.
4.2. Fish handling at landing centres
Manual boat unloading process at dock needs technology intervention which will reduce delay,
decay, potential contamination and pilferage of fish. There is scope of redesigning containers for
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holding fish, as mentioned earlier, which are detachable from boat and this can hasten the
unloading process and also avoid physical damage to fish and loss. The container design also
should aid weighing of fish and sampling process. A vertically integrated cold chain solution, where
in each member of the supply chain like fishermen, consolidator etc. are owned or managed by the
Surimi manufacturing company combined with appropriate tagging of containers can eliminate the
need of weighing at the intermediate stage.
Maximum time that various Indian fish varieties used for Surimi can hold without ice in a fish
processing line, i.e. the critical time, needs to be determined. It was also observed that he discards
from the heading and gutting centres and Surimi plant are sent to RRM (rest raw material)
processing centres located at considerable distance. The pricing level do not permit use of
refrigerated truck or iced containers for such transport. Viability study and development of smaller
RRM processing plants within short distance from the fish processing centres needs to be
explored.
Appropriate scientific basis for accurate sensory assessment of Indian fish varieties for iced
storage needs to be developed for improvement in food safety assessment.
4.3. Fish handling at Surimi processing plant
With a cycle time of only two hours in Surimi processing, the working temperature 4 to 10 °C
maintained inside the plant is not crucial except for the waiting time of up to 2 days for some
consignments. Ensuring regular supply through vendor development or vertical integration of
supply chain is, therefore, important for maintaining input quality.
Both Surimi price and demand in International market are seasonally variable. This is another
reason why Surimi manufacturers invest in large cold storages. It is also well known that Surimi gel
strength, depending upon variety, deteriorate under long term storage even at frozen state as
discussed in 2.1. The rate of degradation is lower with dip in cold storage temperature but at the
same time, the operating cost of refrigeration will increase substantially. For example to maintain
Surimi slabs at -23 °C in place of current practice of -18 °C, there will be about 20% hike in energy
consumption cost. Hence there is a complex time – temperature – economic trinity of Surimi
storage, which needs specific localized optimum solution. A Surimi manufacturer in India would like
to know the optimum holding time and temperature combination to maximize profit in export
market. There is scope of detailed thermoeconomic analysis and optimization of energy systems
specific to Surimi storage.
The Surimi making process demands large amount of treated chilled water for multiple wash
cycles. The water requirement is roughly 4 times the weight of raw fish input or 10 times the weight
of Surimi produced (Pond, 1977). All the cooling demands during Surimi processing is met using
an ammonia based vapour compression refrigeration unit. Since the refrigeration system was not
designed specifically to meet the multiple cooling demands at various temperature, we observed
generous retrofitting and changes done to the original setup, evidently the refrigeration system is
not operating at its design or optimum condition. Further, there is a potential of utilizing the warm
side of the refrigeration system for water heating (Singh and Dasgupta, 2017), which can be
gainfully utilised for cleaning of premises and food equipment. Use of CO2 – Ammonia cascade
system for refrigeration should also be explored, which has potential to reduce energy
consumption and also decrease ammonia charge and thereby improving safety.
Large amount of wash water is discarded as it contains biological material (fish fat and water
soluble proteins) and is not suitable for re-circulation, but the temperature is still below ambient.
There is potential of ingenious use of the same for pre-chilling of incoming fresh water.

5. CONCLUSIONS
Indian Surimi industry has a good growth potential both in terms of market volume and market
spread. However, low technology penetration in fishing and handling practices as well as
limitations in cold chain infrastructure in the supply side of the Indian Surimi industry are the main
barriers for growth. Technology intervention accompanied by awareness and training programmes
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for the people working at various stages of raw material procurement, processing and storage can
enhance quality and assure necessary food safety.
Fish is one of the most perishable food items and adequate measures of temperature control along
the entire post-harvest supply chain needs to be ensured to reduce quality degradation. Reduction
of the many manual touch points along the supply chain can be a target for improving the Surimi
supply chain. This study has also shown that the present process in place provides sustenance to
a large number of semi-skilled and unskilled labour force in coastal area.
With the world population set to approach an estimated 9 billion by 2050, against a background of
finite natural resources, we need renewable biological resources for securing healthy food and
animal feed to meet the nutritional requirements of the growing population. Surimi, derived from
low value fish, is a valuable source of protein. The wash water and the rest raw material from this
industry could be used for making nutrition rich food additives; they together can address food
security issues for a large and populous country such as India.
This study has also shown that the present process in place for fish handling provide sustenance
to a large number of semi-skilled and unskilled labour force in coastal area. Any sustainable
solution for improvement cannot overlook the socio-economic and political challenges involved in
implementation.
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ABSTRACT
In India, the supply stage of surimi value chain starts with fish harvested in sea by small boats and is
completed when either whole or headed-and-gutted fish reaches the surimi processing plant. The
identified critical factors which play a crucial role in maintaining fish and rest raw material quality are
fragmented ownerships, fishing area identification, fishing boat and its capacity, old boat unloading
practice, real time information sharing, visual inspections of fish quality at various stages, non-standard
cold chain, temperature measurement system, manual touch points and location of operations. There
is a need to map the existing system along with these critical factors considering cold chain logistics,
activity time, technology adoption, innovative practice(s)/system(s) implementation, feasibility and
economic challenges to make the process both efficient and agile. The use of techniques such as value
stream mapping and 5S practice is explored to develop a strategy for improved resource utilization.
Keywords: Surimi Supply Chain, Resource Utilization, Value Stream Mapping, 5S Practice

1. INTRODUCTION
Surimi is an intermediate material for manufacturing various seafood products (Kim and Park, 2007); it
is made from a variety of fish species in India, US and Europe. The variety of seafood products from
surimi includes both traditional Japanese fish cakes and imitation seafood products (e.g. ‘crab sticks’)
which is the most common form in the US and Europe (Mansfield, 2003). Surimi supply chain includes
all the activities from “Sea” to “Plate” such as inbound logistics, warehousing practices, process
sequence, rest material management and finally the outbound logistics of surimi paste and various
surimi products.
The current study focuses on the supply side of surimi supply chain in India that includes all the
processes related to fish harvesting (i.e. sea operations), transporting, sorting, and other handling until
the fish reaches the surimi processing plant (Fig. 1-4). Although a surimi supply chain comprises stages
starting from fishing boat to consumer, this article only considers the supply side of surimi supply chain.
During the processing of fish for surimi production, the head, guts and skin portion of the fish, termed
as rest raw material (RRM), are discarded which are processed by certain secondary industries to valueadded products. The by-products generated from seafood processing can be classified into four major
groups, such as plant fertilizers, livestock feeds, value-added foods, and specialty ingredients. The value
addition is minimum in plant fertilizers and maximum in case of value-added foods and specialty
ingredients (Torres et al., 2007). During the processing, the quality of fish plays a vital role for the quality
of surimi, which depends on the complex interactions between natural inputs and their environments,
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production techniques and technologies, and foods and their uses (Mansfield, 2003). In India, marginal
fishermen carry out a significant portion of fishing for surimi production with skills often passed down by
generations and more often, they remain unaware of various innovative technologies.
Most of the processes in the surimi supply chain are not organized including logistics activities of fish
raw material and RRM and cold chain management and this has a negative impact on various aspects
such as fish quality, cost, profitability and quality of the value-added products. Hence, the various losses,
causes and potential value-addition solutions in the Indian seafood sector need to be analyzed and the
factors such as the lack of consumer awareness and education, scattered nature of the sector,
inappropriate cold chain management and lack of unified protocols for quality assurance must be
overcome (Ravishankar, 2018). In the process, the sustainable management of available resources will
be possible to create an ecosystem for waste reduction and develop value-added products from RRM.
High-income countries such as USA, Japan, Spain and France have well developed surimi supply chain
practices and a well-developed market. Their practices are also different from Indian practices because
of differences in fish availability, harvesting practices, marginal internal market and environmental
conditions. Surimi supply chain in India is not well developed in general. In the current study, the various
aspects of the surimi supply chain in Indian ecosystem and its supply chain capabilities in terms of agility
and responsiveness are examined.

Figure 1: Boat used for fishing

Figure 2: Fish unloading

Figure 3: Fish in crate at dock

Figure 4: De-heading at aggregator

The structure of the remainder of this paper is as follows: Section 2 provides an overview of surimi
supply chain in India; and Section 2.1 elaborates the importance of factors that play a crucial role in
maintaining fish and RRM quality. Section 3 presents an analysis on the strategy for surimi supply chain
in India using the concept of Cost-Responsiveness Efficient Frontier (CREF) (discussed in Section 3.1)
and strategic fit (discussed in Section 3.2) in order to study the existing and required status of it in terms
of responsiveness and agility. Section 4 concludes the article with a direction for future scope of
research.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3599

2. OVERVIEW OF SURIMI VALUE CHAIN IN INDIA
In India, there are around 15 surimi processing plants such as Gadre Marine Export, Kaiko Surimi, Ratna
Surimi, Han Kishan Surimi and Kan Victual, located mainly in the western coastal area, in the state of
Gujarat and Maharashtra. Surimi is mainly produced from Ribbon Fish, Rani Fish and Lizard Fish
(weight of the catch ranging from 20 to 100 g). It is produced through various sequential processes
including de-heading, gutting, filleting, deboning, washing, dewatering, mixing with cryo-protectants and
freezing. Surimi supply chain is a cold chain in which temperature control after harvesting is very
important to maintain the protein, quality of meat and its gel forming capabilities. The Indian surimi
supply chain consists of independent groups of fishermen, aggregator, surimi processing plant, RRM
plant and export market (Fig. 5) and many logistic activities are carried out between successive stages.
The arrows in Fig. 2 show the flow of fish (i.e. marginal fisherman-aggregator-surimi processing plant),
RRM (aggregator-RRM plant; and surimi plant-RRM plant), surimi (surimi processing plant-export/Indian
market) and value added products (RRM plant-both Indian and export market). The surimi supply chain
starts with harvesting of various fish varieties such as Pink Perch (major variety), Big eye, Ribbon fish,
Lizard fish, Croaker fish, Barracuda, Reef cod, Bronze croaker, Sardine and Mamakari from the Arabian
sea within 10-20 km from the Mumbai seashore. The supply process (i.e. fisherman and aggregator)
provides raw material (i.e. fish) to surimi processing plant and is completed when either whole or
headed, and gutted fish reaches the processing plant. The wholesaler aggregates the whole fish from
marginal fishermen and de-heading is carried out to separate mainly the head from whole fish and the
head proportion is sent to RRM plant where it is processed into value-added products such as feed, oil
or both.

Figure 5: Surimi supply chain in India

2.1 Factors Influencing the Fish and RRM Quality
The factors playing a crucial role for maintaining fish and RRM quality are: fragmented ownership, fishing
area identification, fishing boat and its capacity, boat unloading practice, real time information sharing,
visual inspections of fish quality at various stages, non-standard cold chain, temperature measurement
system, manual touch points and location of operations. These factors are elaborated below.
Fragmented ownership: Most of the surimi processing plants procure fish from the marginal fishermen
having one to five boats. However, a few big players such as Gadre Marine Export have exclusive
contracts with selected fishermen who must sell all the fish related to surimi to only Gadre Marine Export.
This satisfies the significant proportion of the demand and the remaining is purchased through usual
route. Mostly, fishermen sell whole fish at the dockyard to a third party who supplies de-headed fish to
the surimi processing plant. De-heading is carried out either in the processing center near the dockyard
or in the processing plant depending upon the demand and workforce availability. The price is decided
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based on the supply and demand situation and fishermen generally sell their fish to different surimi
processing plants at different points of time. The ownership of supply chain is fragmented and it operates
independently without coordination. The total catch of a boat also includes other fish varieties that the
boat unloads and is sold at different nearby dockyards. This unloading often happens earlier than the
fish identified for surimi.
Fishing area identification: The current method of fishing area identification depends upon mere
experience and personnel acumen. To attract the fish population that generally comprises a single
variety of fish, fishermen adopt age old techniques such as lighting of lamps to attract fishes in the sea
and observe sea water coloration that is affected by population of Phytoplankton and Zooplankton (fish
food) in an area.
Fishing boat and its capacity: Most of the marginal fishermen use boats having 12-20 in-built
compartments each having a capacity of about 600 kg content (fish with ice). Fresh catch is stored with
multiple layers of crushed ice stuffed in these compartments, which remains frozen for approximately
15 days. Basic sorting of fish is carried out on the boat itself immediately after the catch. Wireless
communication devices are used to communicate among boats in sea or with land-based boat owner
but no information related to fish quality is recorded or shared with surimi processing plant.
Boat unloading practice: Age-old practice of bucket by bucket unloading of fish from boat is adopted at
dock. This is a slow and inefficient process. Unloaded fish is weighed in standard plastic crates and then
transferred and packed in other plastic crates sandwiched between layers of crushed ice for transport.
The entire process has many manual touch points.
Real time information sharing: The real time information related to various parameters of fish and RRM
(such as point of time, temperature log, quantity, quality etc.) along various locations of surimi supply
chain are not captured, documented and shared on real time basis which has a negative impact for
achieving coordinated sea logistics.
Manual inspections: The manual inspections such as thumb impression test (the impression remains
when fish is not fresh while it recovers in case of fresh fish exhibiting good elasticity) and visual
inspections (i.e. color of eyes, skin color and texture, bulging of eye etc.) are made to check quality for
both fish and RRM (mostly head part) at different stages of the surimi supply chain.
Non-standard cold chain: No temperature measurement system is in place for the entire chain between
fishing and surimi processing plant delivery. Desired temperature maintenance using crushed ice layers
(generally three layers i.e. bottom, middle and top in a plastic crate) at various stages of surimi supply
chain for fish and RRM (mostly head part) is practiced based on experience and observations by
personnel to maintain and control quality.
Temperature measurement system: Temperature measurement is essential at various points and
stages of the surimi supply chain to maintain and control the temperature as per the requirement so that
both fish and RRM quality is maintained deploying optimum refrigeration level. However, as noted
above, no temperature monitoring is present along the surimi supply chain to address this criticality
including features such as identification of temperature sensing points and their appropriate temperature
levels, refrigeration level, technology adoption, feasibility, economics etc.
Manual touch points: Number of manual touch points is quite high starting from fish unloading from boat
to fish loading on truck at dockyard to fish de-heading centers / surimi processing plant. These touch
points have direct impact on quality of fish and RRM. It also contributes to waste generation due to
exposure to ambient temperature, pilferage and damage. Therefore, the current study aspires to focus
on manual touch point reduction leading to enhanced quality and increased productivity while reducing
related wastes.
Location of the operations: The basic sorting of fish variety is carried out in the sea in the existing system.
The possibility of carrying out the de-heading process in the sea should be explored. This will enable
RRM (mostly head part) to transport from boat to RRM processing plant. This will eliminate few
operations on land and enhance the quality collection of RRM along with speed and efficiency.
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3. DEVELOPMENT OF SUPPLY CHAIN STRATEGY
Supply chain strategy is defined as the process of managing organizational resources in a way that best
fits its supply chain capability and meets its competitive strategy (i.e. the set of customer needs that the
organization wants to fulfill) by exploiting the right balance between efficiency and responsiveness
(Khorramshahgol, 2018). Manufacturing firms should formulate, adopt and implement its supply chain
strategy in such a way that it can help firms to increase their competitiveness in today's dynamic,
uncertain, and risky business environments (Roh et al., 2014). Although supply chain strategy in Indian
manufacturing and service sector is well understood and implemented, but it is not the case for surimi
supply chain in India in particular. Hence, the supply chain strategy (i.e. supply chain capability) of surimi
supplies chain in India merits exploration (Section 3.1 and Fig. 6) and development in terms of right level
of responsiveness (agility) and efficiency (cost) (Section 3.2 and Fig. 7).

Figure 6: REF of surimi supply chain

Figure 7: Strategic fit of surimi supply chain

3.1.
Development of Cost-Responsiveness Efficient Frontier for Surimi Supply Chain in India
The Cost-Responsiveness Efficient Frontier (CREF) helps organizations to find the right balance
between responsiveness and efficiency, and hence achieve a strategic fit between organizational
strategy and supply chain capabilities (Al Husain and Khorramshahgol, 2018). The CostResponsiveness Efficient Frontier (CREF) was drawn for the surimi supply chain in order to understand
the degree of inefficiencies in terms of responsiveness and efficiency. The CREF curve denotes the
lowest possible cost incurred in the supply chain/system for developing the required level of
responsiveness based on the existing technology (Chopra et al., 2016). While developing CREF in a
specific environment, one has to estimate qualitatively the cost involved (taken in X-axis with highest
value at origin and then cost value decreases) and maximum level responsiveness involved (taken in
Y-axis with highest value when X is at origin) that can be developed in that environment. Therefore, the
zone below CREF is an inefficient zone, the zone above CREF is impossible and all the points on the
CREF are efficient points. The CREF was developed for surimi supply chain (Fig. 6) based on a few
industrial visits and discussions held with various stakeholders. It was found that the existing position of
surimi supply chain in India is in the inefficient zone (Fig. 6) and needs to move from present position to
reach the CREF by enhancing both responsiveness and efficiency. Hence, there is an immediate need
to enhance the existing level of responsiveness/agility of surimi supply chain in India looking at its
existing Implied Demand Uncertainty (IDU) and perishable nature of the raw material (fish harvested for
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surimi and RRM). However, the optimum use (change or modify) of the existing technology/practices in
the existing supply chain configuration will not able to provide the required level of agility and competitive
efficiency. This is because of fragmented supply chain ownership and large distance between supply
chain stages (for example between dock and RRM or surimi processing center) which increases the
cold chain logistics cost significantly along the supply chain.
3.2.
Development of Strategic Fit for Surimi Supply Chain in India
Strategic fit refers to a consistency between the needs for supply requirements and supply chain
capabilities to achieve strategic fit along the surimi supply chain in India to gain competitive advantage.
The three steps for developing right supply chain strategy are i) evaluation of IDU, ii) understanding the
Supply Chain Capabilities (SCC) in terms of responsiveness, and iii) matching of IDU and SCC (Fisher,
1997). In the current study, IDU is evaluated based on the level of uncertainty imposed on the surimi
supply chain while satisfying its supply requirements. It was observed and captured in Indian
environment through industrial visits and formal and informal discussions with various supply chain
members including key persons such as company owner and plant manager at two surimi and a RRM
processing plant, fish aggregator, fishermen at fishing dock etc. The various factors such as fishing
duration, distance travelled from dock to first fishing point, quantity and quality of fish in a catch distance
travelled between two catches, distance between boats at different point of time, weather condition, and
logistics infrastructure make the IDU value quite high due to their inherent uncertainty behavior (i.e. first
of strategic fit). It was also concluded that the existing supply chain configurations and practices have
high cost of operations and low agility creating the supply chain inefficient. The level of responsiveness
achieved in the existing surimi supply chain in India was also estimated (i.e. the second aspect of
strategic fit). The strategic fit was drawn considering level of IDU and required level of responsiveness.
It is shown in Fig. 7 and the exact location in the zone of strategic fit is at point “A”. The level of IDU and
present agility when mapped in the same graph, the exact location (i.e. in point B) which is not in the
zone of strategic fit and found much below point “A”. This indicates that the improvement is needed in
both dimensions (i.e. cost and responsiveness). The offshore surimi processing plant (i.e. surimi
processing in the sea) is well developed and implemented in developed countries that have the
capability to enhance both agility and cost significantly. However, it may not be feasible to adopt the
same in India as it has many obvious impediments such as high initial investments and low utilization,
adoption and technology risk in Indian environment, eliminating the employability of the marginal
fishermen etc. However, the existing practices have to be both efficient and agile with adoption of
optimum scheduling/use of resources such as fishing boats, adoption of technology for real time
information visibility and developing Surimi/ RRM processing centers in proximity creating an ecosystem
of deep localization.

4. SUGGESTED APPROACHES FOR ACHIEVING STRATEGIC FIT
In order to achieve the strategic fit as mentioned and discussed in Section 3.1 and Section 3.2, the
various approaches such as 5S practices, logistics optimization and value stream mapping need to be
adopted in the supply chain. Many manufacturers have adopted 5S practices for maintaining an orderly
workplace to achieve significant organizational benefits such as productivity, quality enhancement, cost
optimization, waste elimination, eliminating unplanned downtime, improving the workplace, eliminate
searching time of items at workplace, eliminating difficulties in using and returning of items and
exercising enhanced inventory management, employee empowerment and delivery adherence (BayoMoriones et al., 2010 and Randhawa and Ahuja, 2017). It is made from five Japanese words starting
with letter S: Seiri (sort), Seiton (set in order), Seiso (shine), Seiketsu (standardize), and Shitsuke
(sustain) and is essential for total quality environment (Osada, 1991). The surimi supply chain stores
fish and RRM at various stages such as in boat and aggregator and the storage activities are not well
managed. Therefore, 5S practices should be applied for improved resource utilization and better
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housekeeping. The significant proportion of activities carried out in the surimi supply chain consist of
logistics activities i.e. transportation and storage in both at fisherman and aggregator stage. It was
observed that logistics (mostly transportation) is not carried out optimally and logistics optimization
should be applied for managing the logistics. Similarly, the present surimi supply chain should be studied
using value stream mapping in detail to identify the inefficiencies/wastes and develop an efficient and
agile system considering cold chain logistics, activity time, technology adoption, innovative practice(s) /
system(s) implementation, feasibility and economic challenges.

5. CONCLUSIONS
The various operational aspects of surimi supply chain in India are examined in the current study. The
surimi supply chain in India was analyzed based on agility and responsiveness using CostResponsiveness Efficient Frontier (CREF) and strategic fit considering experts’ judgment and
experience. There may be minor variations in the exact position or accuracy of different values
considered along different dimensions. However, it gives an overall picture of the existing status of the
surimi supply chain in India and shows directions of the improvement areas where the focus and effort
should be in order to make it both efficient and responsive. It was suggested that use of optimization
techniques in logistics operations, deep localization of supply side operations such as RRM processing
for value added products, and use of 5S techniques for better housekeeping in both fishing boats and
consolidator side should be adopted to have improved resource utilization, better business sustainability
and enhanced profit. The implementation of the proposed strategies need a deep analysis on various
factors such as technology adoption, cost involved employability, training requirement etc. The way
forward is to evaluate few operations in sea (offshore) such as de-heading in Indian condition for its
global business sustainability and growth.
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ABSTRACT
Insulated containers equipped with phase change materials (PCMs) are used to transport health
products. The performance of these solutions can be improved by increasing the insulation or the
thermal capacity storage of the PCM.
Aqueous eutectics are not suitable for above-zero temperatures. The performance of conventional
insulations is not sufficient for long transport durations (> 72 hrs) and for extreme temperatures.
Vacuum insulation panels (VIPs) offer the best heat transfer coefficient. The suitable PCM provides
the thermal storage in the required range. The combination of both allows to develop high
performance containers with single configuration. Temperature-controlled solutions with single
operating procedure are optimised and validated to transport health products in stringent
temperature ranges for up to 168 hours, under hot and cold profiles.
Keywords: Vacuum insulation panels, Phase change materials, Temperature-controlled container,
insulated box, health products, cold chain.

1. INTRODUCTION
The market of temperature-sensitive health products (vaccines, medicines, blood derivatives, cells,
biopsies...) is fast growing. The strict regulation and the variable logistics constraints require high
performance temperature-controlled containers. The solution should maintain products in stringent
temperature ranges (+2/+8 °C, +15/+25 °C) for more than 72 hours, under hot and cold temperature
profiles and using a single preparation all year round. To meet these requirements, the solution
should be improved by increasing the quality of the insulation or the thermal capacity storage of the
PCM in the required temperature range.
Kacimi and Labranque (2011) provide a comparison between the performance of polyurethane
boxes and VIP boxes. The same authors (2014) provide results for the use of PCMs in insulated
boxes with seasonal preparation. This study focuses on the combination of vacuum insulation panels
(VIPs) and phase change materials (PCMs) to develop high performance temperature-controlled
containers, with single validated preparation all year round. These solutions are used to ship health
products in strict temperature ranges: vaccines, medicines, biological samples, advanced therapy
medicinal products...

2. VIPs AND PCMs IN TEMPERTAURE-CONTROLLED CONTAINERS
The temperature-controlled solution is the combination of an insulated box equipped with thermal
accumulators (PCM or eutectic plates) to maintain the temperature range inside the box.
Conventional insulating materials (such as polyurethane and polystyrene) and vacuum insulation
panels are used to make insulated boxes. Aqueous eutectic solutions and other phase change
materials (organic and inorganic PCMs) are used for the thermal storage. The solution is designed
according to a heat balance.
2.1. Vacuum insulation panels
A vacuum insulated panel (VIP) are made by sealing a core material (silica, fibreglass...) wrapped
in a barrier film under vacuum. VIPs are used in insulated boxes to improve their thermal
performance or to reduce the wall thickness. The vacuum level of VIPs is about 0.1 to 1 mbar for
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silica core material, and 0.01 to 0.001 mbar for fibreglass. The density of fibreglass is about 180 to
220 kg.m -3, while silica is about 150 to 180 kg.m -3. VIPs with both materials can achieve a thermal
conductivity between 0.003 and 0.004 W.m -1·K-1. These values do not correspond to the overall
coefficients of heat transfer of insulated containers, because of various thermal bridges and the edge
effect of the barrier film. The thermal conductivity of VIPs is 4 to 6 times that of the polyurethane and
6 to 9 times that of the polystyrene. Kacimi and Labranque (2011) provide a comparison between
the performance of polyurethane boxes and VIP boxes.
The exchanged heat Q, across the surface S, during a duration t, for a difference of temperature ΔT
between the inside of the container and the ambient surrounding is given in eq. (1).
𝑄 = 𝐾 𝑆 𝛥𝑇 𝑡

Eq. (1)

2.2. Energy storage
Energy is stored by the phase change materials (PCMs) by solid or liquid sensible form and by latent
form (solid/liquid or liquid/solid phase change). Both sensible heat and melting latent heat are
successively used within the required temperature range. The energy Q [J] stored is given by
equation 2.
𝑄 = 𝑚[𝑐𝑠(𝑇𝑓 − 𝑇1) + 𝐿𝑓 + 𝑐𝑙(𝑇2 − 𝑇𝑓)]

Eq. (2)

Where m is mass of the material in kg, cs is specific heat of the material in solid state in J.kg-1K-1, cl
is specific heat of the material in liquid state in J.kg-1K-1, Lf is melting latent heat in J.kg-1, T1 is initial
temperature of the PCM in K, T2 is final temperature of the PCM in K, and Tf is melting temperature
of the PCM in K.
The phase change solidification/melting of aqueous eutectic solutions is performed at constant
temperature and the most part of the thermal storage capacity is at the melting temperature. The
solidification/melting and the thermal storage capacity of other PCMs is performed over a
temperature range. The exchanged heat Q between the inside of the container and the ambient
surrounding, given by Eq. (1), must equal the quantity absorbed by the PCM, given by Eq. (2).
2.3. PCMs used in insulated boxes
The phase change materials PCMs used in temperature-controlled boxes are chosen according to
several criteria. The melting point of the PCM should be in the desired range with a high thermal
storage capacity. The supercooling and the hysteresis are undesirable phenomena. The price and
the impact on the environment are also important factors to choose the suitable PCM. Kacimi and
Labranque (2014) provide results for the use of PCMs in insulated boxes, by using them in liquid
state for cold profiles (winter) and in solid state for hot profiles (summer).
Aqueous solutions are non-toxic, abundant, cheap and with high latent heat, but their melting
temperatures are below or equal to 0 °C. They can be used to maintain products between +2 °C and
+8 °C under hot ambient profiles, but they are not adapted to cold temperature profiles.
PCMs with above-zero melting temperatures are used to maintain products within different strict
temperature ranges, such as +2/+8 °C and +15/+25 °C, under hot and cold ambient temperature
profiles. By choosing the melting temperature within the required temperature range, both melting
and solidification of the PCM can be used. Organic PCMs (paraffins and fatty acids) are more
expensive and lighter than inorganic PCMs (Salt hydrates). The phase change of these PCMs
(solidification/melting) is performed over a temperature range. The thermal storage distribution of
melting and solidification can be different. When the phase change range is reduced, the thermal
storage of the PCM is concentrated and its performance in insulated boxes is better.
PCMs with melting temperature at about +5 °C are used to maintain products between +2 °C and
+8 °C. The part of the thermal storage capacity actually used in this application is between +2 °C
and +8 °C and better concentrated between +4 °C and +6 °C. Rubitherm (2018) gives in their technical
Sheets the thermal storage capacities of different PCMs.
Fig. 1(a) shows the distribution of the thermal storage capacity of an organic PCM with a melting
temperature at about +5 °C: 250 kJ.kg-1 for melting and 243 kJ.kg-1 for solidification, between -2 °C
and +13 °C, about 88% of which between +2 °C and +8 °C and 80% between +4 °C and +6 °C. It is
a high thermal storage capacity with the suitable distribution, compared to other +5 °C PCMs.
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Fig. 1(b) shows the thermal storage capacities of two organic PCMs with a melting temperature at
about +5 °C. The values of these capacities are given in Table 1.

Figure 1(a). Thermal storage capacity of an organic +5 °C PCM between -2 °C and +13°C

Figure 1(b). Thermal storage capacities of two +5 °C PCMs between -2 °C and +13°C
Table 1. Values of the thermal storage capacities of two +5 °C PCMs

Temperature range
Between -2 °C and +13 °C
Between +2 °C and +8 °C
Between +4 °C and +6 °C

Thermal storage capacity (kJ.kg -1)
+5°C PCM 1
+5°C PCM 2
250
192
221
153
198
94
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The +5 °C PCM 1 offers 30% more capacity than the +5 °C PCM 2 between -2 °C and +13°C, 45%
between +2 °C and +8 °C and 111% (more than twice) between +4 °C and +6 °C. The PCM 1 is
about 2 times high performance in insulated boxes than PCM 2, but more expensive.
PCMs with melting temperature at about +21 °C are used in insulated boxes to maintain products
between +15 °C and +25 °C. The part of the thermal storage capacity actually used in this application
is between +15 °C and +25 °C and better concentrated between +19 °C and +23 °C.
Fig. 2(a) shows the distribution of the thermal storage capacity of an organic PCM with a melting
temperature at about +21 °C: 199 kJ.kg -1 for melting and 195 kJ.kg -1 for solidification between +13
and +28 °C, about 91% of which between +15 °C and +25 °C and 74% between +19 and +23 °C. It
is a high thermal storage capacity with the suitable distribution, compared to other +21 °C PCMs.
Fig. 2(b) shows the thermal storage capacities of two organic PCMs with a melting temperature at
about +21 °C and the values of these capacities are given in Table 2.

Figure 2(a). Thermal storage capacity of an organic +21 °C PCM between +13 and +28 °C

Figure 2 (b). Thermal storage capacities of two +21 °C PCMs between +13 and +28 °C
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Table 2. Values of the thermal storage capacities of two +21 °C PCMs

Temperature range
Between +13 °C and +28 °C
Between +15 °C and +25 °C
Between +19 °C and +23 °C

Thermal storage capacity (kJ.kg-1)
+21°C PCM 1
+21°C PCM 2
199
161
181
142
147
101

The +21 °C PCM 1 offers 24% more capacity than the +21 °C PCM 2 between +13 °C and +28°C,
27% between +15 °C and +25 °C and 46% between +19 °C and +23 °C. The performance of
insulated boxes with the PCM 1 is higher than the PCM 2, but more expensive.

3. UNIVERSAL SINGLE CONFIGURATION
3.1. VIP boxes insulated boxes
Several reusable insulated boxes with internal volumes from 15 litres to 64 litres made of VIPs and
equipped with PCM packs are tested. Two types of VIP boxes are made:
- The first is made of 25 mm thick VIPs using silica core material and white polymer film. The
assembled VIP box is inserted in a polypropylene external packaging and protected by an internal
polypropylene box.
- The second is made of 20 mm thick VIPs using fibreglass core material and aluminium film and
protected by with 5 mm polyurethane layer injected around the VIP on sides and edges. Both
sides of polyurethane protection are covered an external aluminium facing. The total VIP/PU
thickness is 30 mm. The assembled VIP+PU box is inserted in a polypropylene external
packaging without additional internal protection.
The same insulated boxes are equipped with +5 °C PCM for the temperature range +2/+8 °C and
with +21 °C PCM packs for +15/+25 °C. A single operating procedure all year round is defined for
hot and cold external temperature profiles. The PCM packs are inserted at the beginning of the
melting to maintain the required internal temperature range under hot and cold external profiles. The
PCM can be the cold source or the heat source, depending on the external temperature.
3.2. Single configuration of VIP boxes with +5 °C PCM packs
VIP boxes are used with +5 °C organic PCM packs to maintain health products between +2 °C and
+8 °C. The PCM packs are completely frozen (solidified) at -20 °C and then left in the cold room for
4 hours or at room temperature for 30 minutes. They are inserted in the box around products on the
six faces. Using this universal operating method, the PCM packs are inserted at the beginning of the
melting (at +5 °C) to absorb heat for hot external profiles and absorb cold for cold external profiles.
The preparation time after freezing is determined according to the temperature of the room (cold
room or room temperature) and quantity, the mass and the thickness of the PCM packs.
3.3. Single configuration of VIP boxes with +21 °C PCM packs
VIP boxes are used with +21 °C inorganic PCM packs to maintain health products between +15 °C
and +25 °C. The PCM packs are stabilised at +20 °C and inserted directly in the box on four faces
(at the bottom, on 2 opposite sides and on the top). Using this universal operating method, the PCM
packs are inserted at the beginning of the melting (at +20 °C) to absorb heat for hot external profiles
and absorb cold for cold external profiles.

4. TEST RESULTS AND DISCUSSION
Thermal performance tests are conducted by “Ater Métrologie” Laboratory (2016 to 2018). These tests
are performed with empty vaccine vials representing the lowest thermal inertia (the worst case) and
also with water bags representing the highest thermal inertia (the best case). For both temperature
ranges, the boxes are tested under the hottest and the coldest temperature profiles described in
ISTA 7D standard (summer and winter). The cyclic ISTA 7D summer profile varies between +22 °C
and +35 °C with an average temperature of +30.3 °C. The cyclic ISTA 7D winter profile varies
between -10 °C and +18 °C with an average temperature of +4.7 °C. This paper presents test results
for both temperature ranges (+2/+8 °C and +15/+25 °C).
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4.1. Tests with +5 °C PCM packs to maintain products between +2 °C and +8 °C
Insulated boxes are tested with universal single configuration using +5 °C PCM packs to maintain
products between +2 °C and +8 °C.
4.1.1.
Type 1 of VIP boxes
Four boxes made of 25 mm VIPs using silica core material and white polymer film are assembled
and inserted in polypropylene external packaging and protected by internal polypropylene boxes.
They are equipped with 35 mm thick rigid packs containing +5 °C organic PCM. The internal volumes
of these boxes are 15 litres, 27 litres, 41 litres and 64 litres. They are tested with empty vaccine vials
and with water bags, according the single configuration described in 3.2. Fig. 3 and Fig. 4 show the
test results of the 27L VIP box equipped with rigid packs containing 8 kg of +5 °C PCM and tested
with empty vaccine vials, under ISTA 7D hot and cold profiles.

Figure 3. VIP box 27L with empty vaccine vials: 115 hours under ISTA 7D hot profile

Figure 4. VIP box 27L with empty vaccine vials: At least 168 h under ISTA 7D cold profile

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3611

The VIP box 27L maintains products between +2 +C and +8 °C for 115 hours under the ISTA 7D hot
standard profile and for at least 168 hours under the ISTA 7D cold standard profile. The results of
the four boxes with empty vaccine vials and with water bags are given in Table 3.
Table 3. Test results of VIP boxes with +5 °C organic PCM for +2/+8 +C

With empty vaccine vials
With water bags

ISTA 7D hot
ISTA 7D cold
ISTA 7D hot
ISTA 7D cold

Thermal performance : Duration (hours)
15L
27L
40L
64L
106 h
115 h
116 h
107 h
> 168 h
> 168 h
> 168 h
> 168 h
95 h
131 h
160 h
114 h
> 168 h
> 168 h
> 168 h
> 168 h

All the VIP boxes maintain empty vaccine vials and water bags for more than 168 hours under the
cold profile. The results under ISTA 7D cold profile are better becasue this profile is comprised of
alternate hot segments (+18 °C and +10 °C) and cold segments (-10 °C). They are better with water
bags thanks to its high thermal inertia, compared to empty vials. In this range, the performance of
medium volumes are better than the smalest and the largest.
4.1.2.
Type 2 of VIP boxes
This type is made of 20 mm thick VIPs using fibreglass core material and aluminium film, and
protected with 5 mm polyurethane layer. The polyurethane layer is injected around the VIP on sides
and edges, and covered by an aluminium facing. The 30 mm VIP/PU box is assembled and inserted
in a polypropylene external packaging. The tested box with an internal volume of 24 litres is equipped
with 22 mm thick rigid packs containing 6 kg of +5 °C organic PCM. It tested with empty vaccine
vials and with water bags, according the previous single configuration. The VIP+PU box maintains
empty vaccine vials for more than 120 hours under ISTA 7D cold profile and for 93 hours under ISTA
7 D hot profile. It maintains water bags for more than 120 hours under ISTA 7D cold profile and for
105 hours under ISTA 7 D hot profile. The results under ISTA 7D cold profile are better becasue this
profile is comprised of alternate hot segments (+18 °C and +10 °C) and cold segments (-10 °C). The
results are better with water bags thanks to its high thermal inertia. Fig. 5 and Fig. 6 show the test
result with empty vaccine vials.

Figure 5. VIP/PU box 24L with empty vaccine vials: 93 hours under ISTA 7D hot profile
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Figure 6. VIP/PU box 24L with empty vaccine vials: At least 120 h under ISTA 7D cold profile

4.2. Tests with +21 °C PCM packs to maintain products between +15 °C and +25 °C
The same VIP boxes are tested with universal single configuration using +21 °C inorganic PCM
packs to maintain products between +15 °C and +25 °C. They are tested with empty vaccine vials,
according the single configuration described in 3.3. The test results are given in Table 4.
Table 4. Test results of VIP boxes with +5 °C inorganic PCM for +15/+25 +C

Thermal performance : Duration (hours)
15L
27L
40L
64L
ISTA 7D hot
> 168 h
> 168 h
> 168 h
> 168 h
With empty vaccine vials
ISTA 7D cold
93 h
140 h
168 h
139 h
Fig. 7 and Fig. 8 show the test results of the 27L box equipped with rigid packs containing 12 kg of
+21 °C inorganic PCM and, under ISTA 7D hot and cold profiles.

Figure 7. VIP box 27L with empty vaccine vials: At least 168 hours under ISTA 7D hot profile
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Figure 8. VIP box 27L with empty vaccine vials: 140 hours under ISTA 7D cold profile

The four VIP boxes maintain products betaween +15 °C and +25 °C for more than 168 hours under
the hot profile because it is less binding this temperature range. The performance of medium
volumes are better than the smalest and slightly better the the largest.

5. CONCLUSIONS
The combination of vacuum insulation panels (VIPs) and phase change materials (PCMs) with
melting temperatures above 0 °C allows to develop temperature-controlled containers with single
configuration. These solutions are optimised and validated to maintain health products for up to 168
hours, under hot and cold temperature profiles, using the same preparation method all year round.
VIP boxes are used with +5 °C organic PCMs to maintain products between +2 °C and +8 °C. The
PCM packs are completely frozen at -20 °C and then left in the cold room for 4 hours or at room
temperature for 30 minutes before inserting them in the box. The same boxes are used with +21 °C
PCM packs to maintain products between +15 °C and +25 °C. The PCM packs are stabilised at +20
°C and inserted directly in the box. Using this universal single operating method, the PCM packs are
inserted at the beginning of the melting to absorb heat for hot external profiles and absorb cold for
cold external profiles. These solutions are reusable to reduce the total logistic cost and the impact
on the environment.
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ABSTRACT
Measurements of air and product temperatures were conducted at different positions in a semitrailer
loaded by 480 warm half carcasses of pork (core temperature ~ 14°C, surface temperature ~ 7°C).
The refrigerating curves of 8 instrumented half carcasses during the transport shows that the core
temperature decreases significantly reaching the recommended value of 7°C almost everywhere
after 9h whereas the product surface temperature decreases slightly (~ 5°C after 9h). A simplified
model base on an analytical solution was proposed to predict the surface, core and average
temperature changes during transport. The convective heat transfer coefficient of 7.7 W.m-2.K-1 was
used in the modelling. This value represents the average value of the measurement in a reduced
scale of refrigerated vehicle loaded by reduced scale of carcasses model. The refrigerating capacity
was estimated for different loading ratios of warm carcasses in semitrailer. It was shown that the
studied semitrailer has enough capacity to evacuate the heat whatever the percentage of warm
carcasses.
Keywords: Transport, Warm Carcass, Temperature Prediction, Refrigerating Capacity

1. INTRODUCTION
To prevent quality loss, since 1964 in the European Union, pork carcasses must be chilled
immediately after the post-mortem inspection and kept at a constant core temperature below 7°C
until consumption. Because of the improvement in hygiene in the meat sector, slaughterhouses are
now requesting derogations in order to be allowed to load warm carcasses (core temperature of
15°C) into refrigerated trucks under the condition that the surface temperature is below 7°C. This
work was carried out with the following objectives:
 To present field data on the transport of pork carcasses in a refrigerated vehicle.
 To evaluate the heat load of the warm carcasses, thus, the capacity of the refrigerating system.
Transport of a food product in a refrigerated trailer is a specific process because of the high
heterogeneity of air temperature and velocity (Merai et al 2018; Merai et al, 2019). Non-uniform air
distribution inside the trailer was identified as the main problem in refrigerated transport (James,
1996). Lower product temperature is often observed at the front of the vehicle, while higher
temperatures are observed at the rear close to the doors (Moureh and Flick, 2005). The potential
position of high temperature can be influenced by the trailer design, the carcass arrangement and
the loading density. Thus, knowledge of the airflow and the heat transfer at different positions is
essential in order to enable the identification warm zones (areas of low air velocities and low
convective heat transfer coefficients). During transport, conduction occurs within the carcass, while
convection and water evaporation take place at the air-product interface. These phenomena, which
vary with time, depend on the air characteristics (temperature, velocity and humidity). Several studies
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have been undertaken in order to characterize the airflow distribution inside chilled rooms by
experimental and modelling approaches (Mirade and Picgirard, 2001; Mirade 2007). These studies
have made it possible to develop solutions enabling control of the chilling parameters and to minimize
product weight loss. However, experimental studies in field are rare because of the difficulty of
implementation.

2. EXPERIMENTAL CONDITIONS
2.1.

Loaded semi-trailer

The studied refrigerated vehicle was a semi-trailer (length x width x height = 13.30 x 2.46 x 2.50 m),
with an airflow rate at the discharge air outlet of 5000 m3.h-1 and a refrigerating capacity of 13 kW.
According to the measured air temperature change with time, it was observed that the duration of
compressor “on”/”off” cycles was 4 h, then, a defrosting duration of 20 min was undertaken during
which the compressor was “off”.
This semitrailer was equipped with 5 rails for product hanging, but only 4 rails were used in our study
(rail 3 in the center was empty), as shown in Fig. 1a. There were 120 pork half-carcasses on each
rail (total of 480 half-carcasses in the semi-trailer), with an average weight of 30.7 kg per halfcarcass. Cold air was discharged at the top front area of the semi-trailer via an 11-metre long air
distribution duct made of plastic with fine holes (Fig. 1b). Part of the cold air flows through the
“porous” zones constituted by the half carcasses and exchanges heat with them, then, the air
becomes warmer. The other part of air flows above the carcasses until it reaches the rear of the
semi-trailer. The warm air then returns to the front to be cooled down by the refrigeration system.

Figure 1: Positions of measurements in a semi-trailer loaded with pork carcasses (a) - Top view; (b) Side view

2.2.

Instrumentation
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Considering a symmetry plan in the semitrailer, a half of the semi-trailer was instrumented and the
other half was not instrumented (Figure 1a). Eight half-carcasses located at 4 distances from the
cold air discharge outlet were instrumented. The average weight of the instrumented carcasses is
30.6 ± 1.7 kg and the thermo-physical properties of pork are shown in Table 1. On each instrumented
carcass, rigid thermocouples (Testo 171-4, T-type, precision ± 0.2°C) were inserted to a depth of 12
cm under the ham surface and 6 cm under the shoulder surface. To measure the product surface
temperature, temperature recorders (trade name thermo-buttons Progesplus, 22L type, precision ±
0.5°C) were pasted on the ham and shoulder surfaces. To measure the air temperature and relative
humidity near the product, thermo-hygrometers (Testo 174H, ± 0.5°C, precision ± 3% RH) were
located at about 5 cm from the ham and the shoulder surfaces.
Data were recorded every minute over 9 h (total transport duration). The water content in the air (kg
water/kg dry air) was calculated using a humid air diagram (Beysens, 1995).
Table 1. Thermophysical properties of pork

Property
Equivalent radius, Req (m)

Density, ρ (kg.m-3)
Thermal conductivity, k (W.m-1K-1)
Thermal capacity, Cp (J.kg-1.K-1)
𝐤
Thermal diffusivity, 𝛂 = 𝛒𝐂 (m2.s-1)

Value
0.1
1072
0.45
3200
1.31 x 10-7

Reference
R eq = 0.005(12.93 + 0.24W)
W = Weight of half-carcass (kg)
Daudin and Kuitche, 1996
Harkouss et al., 2018
Kondjoyan et al., 2013
Kondjoyan et al., 2013

𝐩

3. EXPERIMENTAL RESULTS OF TEMPERATURE CHANGES DURING TRANSPORT
The temperatures of the half-carcasses and air near the carcasses (5 cm from the product surface)
decreased gradually during transport. The example of the half-carcass located at the center of the
semi-trailer (C3) is presented in Fig. 2a. During transport, the core temperature decreased by about
6.5°C both for ham and shoulder (from 13.8°C to 7.4°C for ham and 13.4°C to 6.8°C for shoulder).
The surface temperature decreased by about 2.9°C both for ham and shoulder (from 6.8°C to 4.0°C
for ham and 8.4°C to 5.4°C for shoulder). The air temperature decreased by 1.3°C near the ham
(5.0°C to 3.7°C), whereas it decreased by 4.1°C near the shoulder (from 7.7°C to 3.6°C). The air
temperature near the shoulder was much higher than that near the ham at the beginning of the
transport because at this position (bottom), the air was previously warmed up when flowing around
the carcasses while the air surrounding the ham (top), was blown from the discharge air (Fig. 1b).
The surface and core temperatures of ham and shoulder of the eight instrumented carcasses at the
beginning (t = 0 h) and at the end of transport (t = 9 h) are shown in Fig. 2b and 2c respectively.
The surface temperatures of certain carcass cannot be presented because the temperature
recorders were removed from the surface during the transport. At the beginning (t = 0 h), the surface
temperature ranged from 5.0°C (C4) to 8.0°C (C6), the core temperature ranged from 8.8°C (C7)
to 14.0°C (C5) The lower core temperature of the carcasses C7 compared with those at other
positions can be explained by several reasons: (1) this carcass may have spent a longer period in
the cold room of slaughterhouse (2) the carcass was thinner than the other carcasses and (3) the
position of the probe was not exactly in the core. At the end of transport (t = 9 h), the surface
temperatures were in all parts of the vehicle lower than 7°C, which complies with the recommended
value. The core temperatures ranged from 4.7 to 8.0°C, even if some core temperatures were still
above 7°C after 9h of transport, it still complies with the derogation which concerns the surface
temperature.
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Figure 2: (a) - Product and air temperature changes during transport (9 h) of the carcass C3; (b) Product surface temperature (c) - Product core temperature at the beginning (t=0) and at the end
(t=9h) of transport
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4. ESTIMATION OF HEAT LOAD OF WARM CARCASSES
Considering a carcass as a semi-infinite cylinder, the average temperature change can be
represented as follows (Carslow and Jaeger, 1959):
∞
∗
Tav

2

= 4Bi ∑ e−βn Fo
n=1

Eq.(1)

J1 (βn )
2
βn (βn + Bi2 )J0 (βn )

For simplification purposes, only the first term is considered:
2

∗
Tav
≅ 4Bi. e−β1 Fo

β1 (β12

Eq.(2)

J1 (β1 )
αt
with Fo = 2
2
+ Bi )J0 (β1 )
R eq

Equation 2 was used to calculate the average carcass temperature changes in the cold room of a
slaughterhouse and in the semi-trailer in the following manner.
Semitrailer can be loaded with both warm (Tc=15°C and Ts=7°C according to the derogation) and
cold (Tc=7°C and Ts=7°C according to the regulation) carcasses. In both cases, it is assumed that
after slaughtering, the carcasses (initial temperature T0 = 40°C) are cooled down in the cold room of
a slaughterhouse and in the semi-trailer with the same air temperature Ta of 2.5°C and with the same
heat transfer coefficient h of 7.7 W.m-2.K-1 (average value measured in a reduced scale semitrailer
loaded by reduced scale carcass model, Merai et al. (2019). Carcasses benefiting a derogation leave
the cold room of the slaughterhouse after the duration tD at which the core temperature reaches Tc,D
= 15°C while the carcasses under regulation stay in the cold room for a duration tR corresponding to
a core temperature Tc,R of 7°C (Fig. 3a).
Both types of carcasses are then loaded at the same time into a semi-trailer. The evolution of the
core and average temperatures of warm and cold carcasses during transport in a semi-trailer with
are shown in Fig. 3b.
The rate of heat flow to be evacuated from the carcass (Q̇) can be estimated as follows:
∗

∗

dt

dt

dT
dT
dT
dT
Q̇ = −Cp (mtot.R av.R + mtot.D av.D )=Cp(To − Ta ) (mtot.R av.R + mtot.D av.D )
dt

dt

−
J1 (β1 )β12 α/R2eq
= Cp(To − Ta )4Bi
(mtot.R . e
2
2
β1 (β1 + Bi )J0 (β1 )

β21 α(t+tR )
R2eq

+ mtot.D . e

β2 α(t+t )
− 1 2 R
Req

)

This heat flow is maximal at the beginning of transport (t = 0 h) and can be estimated as follows:
−
J1 (β1 )β12 α/R2eq
Q̇ = Cp(To − Ta )4Bi
(m
.
e
tot.R
β1 (β12 + Bi2 )J0 (β1 )
2

β αt
− 12 R
R

The terms in Eq. 3 involving tR (e eq ) and tD (e
the values of Tc,R, Tc,D, T0 and Ta are known:
∗
Tc,R
(t 𝑅 )

β21 αtR
R2eq

+ mtot.D . e

β2 αt
− 12 D
Req

)

Eq.(3)

2

β αt
− 12 D
R
eq

) can be obtained by using eq. 4 and 5 since

−
Tc,R − Ta
1
=
= 2Bi 2
e
T0 − Ta
(β1 + Bi2 )J0 (β1 )

β21 αtR
R2eq

−
Tc,D − Ta
1
∗
Tc,D
(t 𝐷 ) =
= 2Bi 2
e
T0 − Ta
(β1 + Bi2 )J0 (β1 )

β21 αtD
R2eq

Eq.(4)
Eq.(5)

Considering that a semi-trailer (with an air temperature Ta = 2.5°C) is loaded with different
percentages of half-carcasses benefiting from a derogation (core temperature T c,D = 15°C) and
regulated carcasses (core temperature Tc,R = 7°C). For a total number of half-carcasses of 480 (35
kg/carcass, the mass of half-carcasses generally observed in practice), the heat flow to be evacuated
(Q̇) at the beginning of the transport (t = 0) should be less than the refrigerating capacity of the semitrailer required to cool down all of the half-carcasses is presented in Table 2. When all the half-
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carcasses benefiting from derogation are loaded into the semi-trailer (100%), the refrigerating
capacity should be about 10 kW.
Table 2. Estimated refrigerating capacity ( 𝐐̇ ) of the semi-trailer (ambient temperature T a = 2.5°C)
required to cool down 480 half-carcasses (35 kg/carcass) at the time of loading (t = 0h) with different
ratios of half-carcasses benefiting from a derogation (core temperature Tc = 15°C) and regulated halfcarcasses (core temperature Tc = 7°C).

Percentage of halfcarcasses benefiting
from a derogation

Weight of half-carcasses
benefiting from a
derogation (kg)

Weight of regulated
half-carcasses (kg)

𝐐̇ (W)

0
20
40
60
80
100

0
3360
6720
10.080
13.440
16.800

16.800
13.440
10,080
6.720
3.360
0

3.544
4.804
6.064
7.324
8.584
9.844

Figure 3: Carcass core and average temperature changes during refrigeration: (a)-in a cold room of a
slaughterhouse; and (b)-in a semi-trailer (Dotted lines show the corresponding temperatures of
carcasses transferred from a cold room to a semitrailer)

It should be borne in mind that heat loss also occurs through the walls of the semi-trailer, and these
losses are higher in summer (when the external ambient temperature is 30°C) than in winter (when
the external ambient temperature is 5°C). Considering a heat transmission K = 0.44 Wm-2K-1
(average value of 97 semi-trailers tested by Cemafroid, personal communication), the estimation of
the heat losses in summer through the walls is as follows:
Q̇ = K. A (Text − Tint ) = 0.44 x 144.3 x(30 − 2.5) = 1745 W

Eq.(6)

A = surface area of the semi-trailer = 144.3 m2 (length x width x height =13.3 x 2.46 x 2.5 m)
The total required refrigerating capacity of a semi-trailer loaded with warm carcasses and taking into
account heat loss through the semi-trailer walls can therefore reach about 12 kW.
The refrigerating capacity of the studied semi-trailer was 13 kW, and thus it can be considered that
the cooling capacity of the semi-trailer was sufficiently high to cool a load of up to 100% of halfcarcasses benefiting from derogation. According to the information of semitrailer refrigerating
system, the refrigerating capacity can vary from 12.0 to 18.5 kW (Carrier,
https://www.carrier.com/truck-trailer/fr/fr/products/eu-truck-trailer/trailer/).
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5. CONCLUSIONS
This study was carried out in order to acquire knowledge of the transport of pork carcasses under
real conditions, and was designed to complement our previous studies on heat transfer and airflow
on a laboratory scale under well-controlled conditions. This study demonstrated the heterogeneity
of the surface and core temperatures of carcasses located at different positions in a semi-trailer. The
experimental results (transport of half carcasses of average weight of 30.5 kg) demonstrated that
the studied semi-trailer allowed product cooling during the transport of warm carcasses: the product
surface temperature was lower than 7°C (recommended temperature) in all locations at the end of
a transport period of 9 h. The average convective heat transfer coefficient identified from the
experimental cooling curves of carcasses during transport (7.7 Wm-2K-1) is close to that measured
in a laboratory. The numerical study on the transport of different ratios of warm and cold carcasses
in the studied semi-trailer showed that the refrigerating capacity of the refrigeration system was
sufficient to remove the heat from the carcasses. The results of this study can be used by industry
and public authorities to support decision making related to the carcass initial temperatures during
transportation.
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NOMENCLATURE
A

Exchange surface area (m2)

K

Coefficient of heat transmission of the
semi-trailer (W.m-2.K-1)

Bi

Biot number =

m

Product mass (kg)

Cp

Thermal capacity of pork (J.kg-1.K-1)

Req

Equivalent radius of carcass (m)

Fo

Fourier number = R2

T

Temperature (°C)

Q̇

Rate of heat flow to be evacuated
from the carcass (W)

T*

Dimensionless temperature = T

h

Convective heat transfer coefficient
(W.m-2.K-1)

t

Time (s)

hReq
k

αt
eq

T(t)−Ta
0 −Ta

Greek symbols
ρ

Density (kg.m-3)

α

Thermal diffusivity (m2.s-1)

Subscript
a

Air

ext

External

av

Average

int

Internal

c

Core

0

Initial

D

Derogation

R

Regulation

s

Surface
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ABSTRACT  
Transport  vehicles  have  low  utilisation  rates  in  developing  countries.  This  is  due  to  the  initial  cost  of  
the  refrigerated  transport  vehicles  and  the  high  operating  costs  consisting  of  energy  consumption  
and   manual   labour.   A   novel   cold   chain   pallet   incorporating   water   as   a   phase   change   material  
(PCM)  has  been  designed.  When  in  use,  the  PCM  pallet  is  put  into  a  cold  store  and  the  water  is  
frozen.  In  transportation,  the  foods  are  stored  in  an  insulated  vehicle  along  with  PCM  pallets.  The  
latent  heat  of  water  is  used  to  maintain  the  temperature  inside  the  vehicle.  Air  temperature  inside  
the  carriage  was  measured  for  different  PCM  mass  (100,  200,  300  kg),  different  time  (24,  48,  72h),  
with   and   without   forced   convection.   The   experimental   results   show   that   the   time   the   air  
temperature   was   <10ºC   was   66.3%,   92.1%   and   94.7%   of   the   duration   without   forced   convection  
and  92.5%,  97.3%  and  98.6%  with  forced  convection,  when  the  PCM  mass  was  100,  200  and  300  
kg  respectively.  Because  no  special  refrigeration  system  is  needed  and  the  number  of  PCM  pallets  
can   be   selected   according   to   the   required   cooling   capacity,   the   initial   investment   and   operating  
costs  of  PCM  pallets  is  much  lower  than  existing  refrigerated  trucks.  
Keywords:   Refrigerated   Transport,   Phase   Change   Material,   Energy   Consumption,   Temperature  
Distribution.  

1.   INTRODUCTION  
With  improvements  in  living  standards  and  the  demand  for  perishable  food  increasing,  the  use  of  
refrigerated   transport   equipment   has   grown   rapidly   in   developing   countries.   China   Federation   of  
Logistics  &  Purchasing  (2018)  shows  that  the  number  of  refrigerated  transport  vehicles  increased  
from  41,000  to  134,000  in  China  in  the  past  5  years.  The  average  annual  growth  rate  in  this  sector  
is   expected   to   be   more   than   10%   over   the   next   5-10   years.   Despite   rapid   growth,   there   is   a  
significant   difference   in   the   number   of   refrigerated   vehicles   per   capita   between   China   and  
developed   countries   (for   example,   1/10,000   in   China   and   14/10,000   in   the   UK)   (Rai   and   Tassou,  
2017).    
China's   perishable   food   transportation   capacity   was   more   than   300   million   tons   in   2017.      Non-
refrigerated   transport   vehicles   (insulated   or   uninsulated)   are   often   used   in   transportation   of   fresh  
fruits   and   vegetables.   These   issues   result   in   the   food   waste   associated   with   food   logistics   being  
more  than  30%  (China  Federation  of  Logistics  &  Purchasing,  2018).  In  2016  annual  food  loss  was  
valued  at  RMB  100  billion  (Chinese  Association  of  Refrigeration,  2016).  
In   China,   less   than   20%   of   goods   are   transported   by   pallets   (Ministry   of   Commerce   of   China,  
2017).   Although   reducing   the   initial   investment   in   logistics,   it   is   inefficient,   time-consuming   and  
costly.  According  to  China  Federation  of  Logistics  &  Purchasing  (2017),  energy  consumption  and  
labour   cost   account   for   more   than   80%   of   the   total   cost   in   China's   cold   chain   logistics   operation.  
Therefore   the   transporter   must   balance   the   quality   of   the   food   and   the   cost   of   transportation.   To  
ensure  food  is  of  high  quality  and  to  reduce  the  cost  of  transporting  food  it  is  necessary  to  reduce  
the  energy  consumption  of  refrigerated  transportation  and  improve  mechanization.  
Phase  change  material  (PCM)  based  refrigerated  vehicles  have  been  used  for  many  years  in  many  
countries   to   reduce   costs   (Chinese   Association   of   Refrigeration,   2016).   PCMs   have   the   following  
advantages   compared   with   mechanical   refrigerated   transport   compartments.   They   make   rational  
use   of   power   resources,   allowing   charging   of   the   PCM   at   night,   when   electricity   is   cheap   and  
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using/discharging   the   PCM   during   the   day.   They   can   replace   fossil   energy   (diesel   fuel)   with  
electrical   energy.   This   has   the   potential   to   reduce   greenhouse   gas   emissions   (as   grid   energy  
becomes   decarbonised),   air   pollution   and   heat   island   effects   in   the   city   (as   combustion   is   moved  
from  away  from  the  city)  (Li  et  al.,  2018).  
Countries,   such   as   the   United   States,   Britain   and   Italy,   have   developed   PCM   refrigerated   trucks,  
and  the  related  technologies  and  performance  have  been  rapidly  improved  (Li,  et  al.,  2018).  Liu  et  
al.  (2012)  simulated  a  mobile  refrigeration  system  incorporating  PCM  and  used  this  in  refrigerated  
trucks  in  Australia.  The  simulation  showed  that  the  PCM  could  maintain  the  refrigerated  space  at  -
18ºC   for   10   hours   using   250   kg   PCM   without   opening   the   door.   Darzi   et   al.   (2016),   Zarma   et   al.  
(2017)  and  Xie  et  al.  (2017)  analysed  the  PCM  heat  transfer  structure,  heat  transfer  performance  
and  layout  respectively.  Zhan  et  al.  (2008)  analysed  the  effect  of  the  PCM  at  different  positions  in  
the   refrigerated   vehicle.   Zhang   et   al.   (2013)   simulated   the   temperature   field   of   the   PCM  
refrigerated  vehicle  by  different  cargo  stacking  methods.  The  above  research  provides  a  reference  
for  the  improvement  and  optimization  of  the  cold  storage  transportation  equipment.  
In  this  paper,  a  novel  PCM  pallet  was  designed  to  aid  cold  chain  logistics  and  improve  operational  
efficiency   for   developing   countries.   The   PCM   was   frozen   using   off   peak   night   electricity   in   a  cold  
store   and   moved   through   the   cold   chain   with   the   perishable   product.   The   PCM   can   be   used   in  
insulated   and   unrefrigerated   vehicles.   The   paper   presents   information   on   temperature   within   the  
transport  vehicle  and  the  effect  of  air  distribution  in  the  vehicle.  

2.   METHOD  
2.1.   The  Size  and  Structure  of  the  PCM  Pallet  
The  pallet’s  structure  and  physical  drawings  are  shown  in  Fig.  1  and  Fig.  2.    

Figure  1:  The  schematic  diagram  of  PCM  pallet.                        Figure  2:  Photograph  of  PCM  pallet.  

  

The   pallet   was   composed   of   bottom   deck   boards,   top   deck   boards,   load-bearing   blocks,   stringer  
boards   and   cold   storage   tubes.   The   cold   storage   tubes   were   made   of   food   grade   No.304   hollow  
rectangular  stainless  steel  pipes  (wall  thickness,  1.5mm)  with  the  PCM  sealed  in  them.  Eight  cold  
storage  tubes  were  evenly  placed  below  the  top  deck  boards  with  dimensions  of  100  (W)  ×  50  (H)  
×  1200  (L)  mm.  Each  cold  storage  tube  could  contain  up  to  5  kg  of  the  PCM,  therefore,  each  pallet  
could   carry   up   to   40   kg   of   PCM.   The   bottom   deck   boards,   top   deck   boards,   load-bearing   blocks  
and   stringer   boards   were   made   of   wood   and   angle   steel   was   used   to   protect   the   cold   storage  
tubes.   The   bottom   of   the   pallet   was   provided   with   an   antiskid   shim   to   avoid   the   pallet   sliding   on  
water  or  ice.  The  above  components  were  connected  by  fastening  bolts  so  that  any  damaged  parts  
could  be  replaced  separately  according  to  actual  needs  during  use.  On  the  basis  of  considering  the  
convenience  of  circulation  between  companies,  the  size  of  the  cold  chain  pallet  used  in  this  study  
was  standardised  to  1.0  ×  1.2  m.  
2.2.   The  Selection  of  the  PCM  
In  China,  frozen  trucks  which  are  used  to  transport  meat  and  fish  account  for  more  than  90%  of  the  
cold-chain  trucks.  Fruits  and  vegetables  are  often  transported  without  temperature  control  causing  
the   loss   of   vitamins   and   other   nutrients   (Chinese   Association   of   Refrigeration,   2016).   Due   to   the  
lack   of   refrigerated   transport   for   fruit   and   vegetables   the   focus   of   this   study   was   chilled  
transportation.  
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The  PCM  therefore  needed  to  control  temperature  between  0  and  10ºC,  have  a  large  latent  heat  
phase   change,   stable   chemical   composition,   be   non-toxic   and   have   a   low   price.   Water,   was  
selected  for  this  study  for  the  following  reasons.  Firstly  the  phase  transition  temperature  of  water  is  
0ºC,   which   meets   the   transportation   needs   of   most   chilled   products.   Secondly,   the   chemical  
properties   of   water   are   stable   and   non-toxic,   even   if   the   pallet   is   damaged   during   use,   it   will   not  
contaminate   the   food.   In   addition,   the   latent   heat   of   fusion   of   water   is   high   (334   kJ/kg),   and   the  
price  is  almost  negligible.  
2.3.   Design  of  Test  Platform  
In  order  to  investigate  the  effect  of  the  PCM  pallets,  a  test  was  carried  out  using  an  insulated  truck,  
as  shown  in  Fig.  3.  
the air inlet

the air inlet

door

the return air outlet

the return air outlet

Figure  3:  The  insulated  truck  for  testing.  

  

(1)   The   outside   and   inside   dimensions   of   the   containers   (in   m)   were   5.80×2.28×2.24   and  
4.98×2.04×2.00   (length×width×height)   respectively.   The   walls   of   the   container   and   inner   partition  
between   the   fan   section   and   container   were   all   polyurethane   insulation   board,   and   the   inner   and  
outer  skin  used  fibre  reinforced  polymer/plastic  (FRP)  composite.  The  thickness  of  the  walls  of  the  
carriage  were  0.12  m  and  the  floor  was  pattern  aluminum  plate.    
(2)  The  truck  had  a  forced  convection  air  system  which  was  located  at  the  front  end  of  the  vehicle  
and  was  connected  with  the  vehicle  through  the  air  inlet  and  the  return  air  outlet.  The  air  inlet  was  
located  on  both  sides  of  the  front  end  of  the  vehicle,  which  was  0.05  m  and  0.10  m  from  the  roof  
and  side  walls,  respectively.  The  inlet  hole  was  circular,  0.25  m  in  diameter.  The  return  air  inlet  was  
located   near   the   floor   at   the   front   of   the   carriage.   The   rectangular   structure   was   1.7   ×   0.04   m  
(length  ×  height).  The  air  circulation  was  controlled  by  the  fan  in  the  forced  convection  system.  
(3)   In   order   to   investigate   the   temperature   stability   of   the   PCM   pallet,   the   system   was   tested   to  
conform   with   refrigerated   transportation   equipment   standards,   such   as   ISO   1496-2,   GB/T   7392,  
GB  29753,  etc.  
When  the  temperature  field  was  tested,  the  refrigerated  carriage  and  PCM  pallets  remained  empty  
of   product.   Eleven   temperature   sensors   were   arranged   0.10   m   from   the   outer   surface   of   the  
carriage,   (Figure   4a).   Fifteen   temperature   sensors   were   arranged   0.10   m   from   the   inside   of   the  
carriage   (Figure   4b).   The   semi-conducter   temperature   sensors   (TZ-Tag06B,   Tzone   Digital  
Technology  Co.  Ltd.),  had  an  accuracy  of  ±  0.3K  over  the  range  -40ºC  to  +125ºC.  
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a)  Temperature  sensor  layout  outside  the  carriage          b)  Temperature  sensor  layout  inside  the  
carriage  
Figure  4:  Temperature  sensor  layout  of  the  carriage.  

2.4.  

Experiment  Design    

The   concept   of   the   PCM   pallet   was   different   from   the   traditional   cold   storage   vehicle   in   its  
application.   Firstly,   the   PCM   pallet   was   put   into   a   cold   store   and   the   PCM   was   frozen   by   the  
refrigeration  system  in  the  cold  store  (for  freezing  quickly,  the  air  temperature  of  cold  store  should  
be   below   -18ºC).   When   fruits   and   vegetables   are   picked,   they   are   packed   in   boxes   and   crates,  
then  transported  to  cold  store  and  placed  on  PCM  pallets.  When  they  need  to  be  transported,  the  
fruits/vegetables   and   PCM   pallets   are   transported   together   in   a   thermal   insulated   vehicle   (no  
refrigeration).  The  latent  heat  of  the  PCM  was  used  to  maintain  the  temperature  inside  the  vehicle  
during  its  delivery.    
A   stationary   prototype   thermally   insulated   vehicle   was   constructed   and   tested.   The   insulated  
carriage   of   corresponding   sizes   and   construction   were   manufactured   following   strict   criterions  
designed  by  Guangzhou  Baier  Cold-Chain  Polyurethane  Technology  Co.,Ltd  (www.pvc123.com/b-
gzbaier/).   The   use   of   thermally   insulated   materials   and   polyurethane   foaming   technology   is   the  
most   stable   and   safe   practice   within   the   insulated   truck   industry.   The   heat   leakage   rate   of   the  
carriage   was   measured   as   24   W/K   by   previous   experiments.   All   test   behavior   were   monitored   in  
Guangzhou,   the   largest   city   in   the   south   of   China.   Although   the   ambient   temperature   may   have  
been  different  during  the  testing,  it  was  still  well  controlled  in  which  the  ambient  conditions  were  at  
approximately  31ºC  in  the  day  and  at  approximately  25ºC  at  night.    
The  following  two  problems  should  be  solved  when  designing  the  PCM  pallet.  
(1)  The  calculation  of  cold  storage  capacity  
The  PCM  relies  mainly  on  the  latent  heat  of  phase  change  at  0°C  rather  than  the  sensible  heat  to  
maintain  the  temperature  in  the  vehicle.  To  test  the  effect  of  the  cold  chain  pallet,  the  researchers  
tested  100,  200  and  300  kg  of  PCM  in  a  vehicle  (pallets  of  12.5,  25  and  37.5  kg,  respectively)  over  
24,  48  and  72  h,  respectively.  The  timescales  selected  from  the  trials  were  based  on  transportation  
temperatures   in   China   for   most   fruits   and   vegetables   being   no   more   than   10ºC   (based   on   GB  
22918/T,  China's  Recommended  National  Standards)  and  the  transportation  times  being  less  than  
3  days.  The  PCM  pallets  were  cooled  for  10  hours  in  the  cold  store  (using  low  tariff  electricity  price  
from  10  pm  to  8  am).  Previous  experiments  using  a  temperature  sensor  in  the  PCM  showed  that  
the   temperature   dropped   below   freezing   temperature   in   this   time.   During   cooling   the   air  
temperature  in  cold  store  was  -18ºC.  The  pallets  were  then  transferred  to  an  insulated  vehicle  and  
laid  evenly  in  the  base  of  the  vehicle.  The  vehicle  door  was  closed  and  the  temperature  changes  in  
the  carriage  were  recorded.  
  (2)  The  distribution  of  temperature  in  the  carriage  
The  PCM  pallet  was  located  at  the  base  of  the  vehicle,  to  reduce  the  center  of  mass  and  increase  
the  available  storage  space.  However,  due  to  buoyancy,  temperatures  would  likely  stratify  without  
forced  convection.  So,  the  same  group  of  pallets  with  the  same  weight  were  tested  twice,  with  and  
without  forced  convection.  
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3.   RESULTS  
3.1.  

Influence  of  Different  PCM  Mass  and  Forced  Convection  on  Temperature  Control    

Fig.   5   shows   the   effect   of   cold   storage   capacity   and   convection   on   vehicle   temperature   control.  
When  the  PCM  was  100,  200  and  300  kg  in  the  vehicle.  
30
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a)  A  total  of  100  kg  of  PCM    
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b)  A  total  of  200  kg  of  PCM  
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c)  A  total  of  300  kg  of  PCM  
Figure  5:  Average  temperatures  measured  in  the  carriage  with  or  without  forced  convection.  

Table   1   shows   the   variation   of   mean   temperature   and   temperature   <10ºC   in   the   truck   under  
different   PCM   weights   and   with   or   without   forced   convection.   So,   transporters   can   therefore  
choose   the   number   of   PCM   pallets   needed   according   to   the   transportation   time,   avoiding   the  
shortcomings  of  traditional  PCM  trucks  which  have  fixed  PCM  weight.  Measurements  also  shows  a  
significant  difference  in  cooling  time  (from  ambient  temperature  to  10  ºC)  with  and  without  forced  
convection.   Without   forced   convection,   as   the   PCM   pallets   are   located   at   the   bottom   of   the  
carriage,   they   do   not   drive   natural   convection   and   the   convection   heat   transfer   between   the   cold  
chain  pallets  and  the  air  in  the  vehicle  is  slow,  thus  the  time  to  cool  the  vehicle  is  long.  
Figs.   6   and   7   show   the   distribution   of   air   temperature   in   each   group   of   experiments   without   and  
with  forced  convection.  It  can  be  seen  that  when  there  is  no  forced  convection  in  the  vehicle,  the  
vertical  stratification  of  temperature  in  the  carriage  is  significant,  and  the  difference  in  temperature  
between  the  section  4  and  section  6  is  approximately  3  K.    When  forced  convection  is  applied  in  
the   carriage,   temperature   stratification   is   reduced.   The   temperature   fluctuation   range   between  
section  1  to  section  6  is  less  than  0.7  K.  
  
Table  1.  The  temperature  in  the  carriage  under  different  condition  

PCM  mass  (kg)  
100  
200  
300  

Forced  
convection    
condition  
No  

Mean  
temperature  (ºC)  

Percentage  of  temperature    
<  10ºC  in  the  test  period  

10.4  

66.3  

Yes  

6.2  

92.5  

No  

7.3  

92.1  

Yes  

4.6  

97.3  

No  

7.0  

94.7  

Yes  

3.7  

98.6  
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Figure  6:  Average  temperature  history  of   each  section  of  carriage  without  forced  convection:  (a)  
100  kg  of  PCM,  (b)  200  kg  of  PCM,  and  (c)  300  kg  of  PCM.      
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（c）  
Figure  7:  Average  temperature  history  of  each  section  of  carriage  with  forced  convection:  (a)  100  kg  
of  PCM,  (b)  200  kg  of  PCM,  and  (c)  300  kg  of  PCM.  
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4.   CONCLUSIONS  
A   novel   PCM   pallet   has   been   designed.   The   PCM   pallet   enables   the   use   of   cheap   electricity   at  
night   to   store   energy,   instead   of   using   diesel   fuel   from   a   refrigerated   vehicle.   When   in   use,   the  
PCM  in  the  pallet  can  be  frozen  by  the  refrigeration  system  of  a   cold  store.  In  transportation  and  
distribution,   foods   are   stored   on   the   PCM   pallet   in   a   thermal   insulation   vehicle   (no   refrigeration).  
The   weight   of   PCM   can   be   selected   according   to   the   transportation   time   when   using   the   PCM  
pallets.  When  forced  convection  is  applied,  the  temperature  distribution  in  the  carriage  is  uniform.  
Because   no   special   refrigeration   system   is   needed,   the   initial   investment   and   operating   costs   of  
PCM   pallets   are   much   lower   than   most   existing   refrigerated   trucks.   It   can   effectively   reduce   the  
transportation  cost  while  guaranteeing  the  quality  and  safety  of  goods,  and  provides  the  potential  
for  the  application  of  the  PCM  refrigerated  truck  in  developing  countries.  Further  work  will  consider  
the  effects  of  food  loading,  environmental  temperature,  PCM  material  and  humidity.  
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ABSTRACT
This paper describes the design and experimental validation of a multi-temperature refrigerated
container unit using transcritical R744 as the refrigerant. The unit is required to maintain refrigerated
and frozen compartment temperatures of 3.3°C and -20.6°C at an ambient temperature of 57°C. The
paper discusses the unique design challenges presented by a small-capacity (around 7 kW) R744
system operating at these extreme temperature conditions. A number of system improvements are
implemented in order to meet the capacity requirements at the design condition, namely the addition
of an internal heat exchanger (IHX) and an ejector for expansion work recovery to the cycle as well
as the use of microchannel heat exchangers for gas coolers. The details of the design of the system
and components to address the unique challenges of this application are discussed. Initial
experimental results investigating the operating range of the compressor are presented.
Keywords: Transcritical carbon dioxide; refrigerated container; booster cycle; system design; energy
efficiency

1. INTRODUCTION
CO2 (R744) refrigeration systems have gained interest in recent years due to its reputation as an
environmentally friendly refrigerant and its good performance in refrigeration systems in low to
moderate ambient temperatures. Of particular interest have been stationary refrigeration systems
including supermarkets (where the use of CO2 booster systems is spreading rapidly) and light
commercial refrigeration such as glass door merchandisers (though CO 2 use has declined in the
past few years in this application). CO2 would be equally suitable for mobile refrigeration applications,
such as refrigerated containers, rail cars, or trucks and trailers, through these applications have
gained less attention so far, possibly because they are smaller industries compared to commercial
refrigeration. This paper focuses on the design of a CO2 refrigeration unit for a refrigerated container
with a focus on improving unit operating range and energy efficiency.
While refrigerated containers have been in use for many years, conversion to a CO2 refrigeration
unit has only been attempted very recently. Refrigerated containers with CO2 refrigeration units are
currently available on the market for single-temperature containers; these systems use a two-stage
compressor with intercooling and vapor injection at intermediate pressure to improve performance
(Carrier, 2015). Lawrence et al. (2018) showed through numerical simulation that a baseline CO2
container system with multi-stage compression but no IHX or ejector could achieve a COP of 0.57
at an ambient temperature of 57°C. Addition of an IHX could improve COP by 35 %, while addition
of an ejector (without IHX) could improve COP by 27 %; combining an ejector and an IHX into the
same system yielded a COP of up to 0.96, an improvement of 69 %. Barta et al. (2018a) also
investigated a multi-temperature CO2 container unit numerically and focused on controls optimization
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for a system with an expander instead of an ejector. Barta et al. (2018b) reported that a COP of up
to 1.28 could be achieved for an ambient temperature of 57°C with an expander efficiency of 70 %.
Poolman et al. (2018) presented experimental results for a commercially available ejector installed
in the single-temperature CO2 refrigerated container on the market described above; they observed
that the ejector could reduce annual energy consumption by 1 % on its own and by up to 6 % when
combined with an internal heat exchanger (IHX).
The objective of this paper is to discuss details of the design of a 20 ft. (6 m) ISO multi-temperature
refrigerated container using CO2 as the refrigerant. Design and implementation of a container unit
with reasonable energy efficiency is challenging in this application because of the very high design
ambient temperature of 57°C and because the small size and capacity of the system limits the
equipment that can be included to help improve efficiency. The solutions being implemented to help
improve efficiency, including compressor selection, heat exchanger design and selection, and
expansion work recovery, are presented and discussed. Initial experimental results investigating the
operating range of a compressor of interest are also investigated.

2. CO2 REFRIGERATION UNIT DESIGN
2.1 Design Requirements
The container is being designed specifically for military applications, which requires that 1/4 of the
container be kept at low temperature (-20.6°C) for frozen food and the other 3/4 of the container be
kept at medium temperature (3.3°C) for fresh food, as shown in Fig. 1(a). It was estimated that at
the design ambient temperature of 57.2°C, 2.5 kW of cooling capacity is required for the LT portion
of the container, and 3.2 kW of cooling capacity is required for the MT portion of the container. Fig.
1(b) shows the currently used unit, which uses R404A as the refrigerant; comparison to the baseline
unit is not part of the current study, as the baseline unit cannot meet the capacity requirement at
high ambient temperature. The performance targets of the unit include allowing for 30 % reserve
capacity at the design condition, with a COP of at least 1.0. The refrigeration unit, which is mounted
to an extension on the end of the container, is also limited to a 1.8 m (W) x 0.6 m (D) x 0.6 m (H)
space and a weight of 540 kg.
(a)

(b)

Fig. 1: Refrigerated container for military applications: (a) design conditions of container and (b)
baseline R404A unit

2.2 Compressor Selection
Compression between LT evaporator pressure (approximately 14 bar) and high-side pressure (130
bar) cannot be accomplished in a single or possibly even two stages of compression. To help reduce
the pressure ratio, compression from LT pressure to MT pressure is commonly accomplished with a
subcritical booster compressor. Most CO2 refrigeration compressors are designed for supermarkets
or other stationary industries where size and weight are less of a concern than in mobile applications.
As a result, the majority of CO2 compressors are semi-hermetic reciprocating compressors, which
are generally high in weight in order to safely accommodate high pressures. Hermetic scroll
compressors are advantageous because of their much lower weight compared to semi-hermetic
reciprocating compressors, though the scroll design is limited in pressure and often cannot operate
above 50 bar. The majority of subcritical CO2 compressors are reciprocating type, though there is
one line of subcritical scrolls currently on the market. The subcritical scroll selected for this system
has a nominal displacement of 2.6 m3 hr-1 (yielding a predicted capacity of 2.6 kW at full speed), an
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operating pressure range down to 7 bar (-50°C saturation temperature) on the suction side and up
to 40 bar (5°C) on the discharge side, and a weight of 22 kg (compared to close to 50 kg for
comparable subcritical reciprocating compressor options) and is pictured in Fig. 2(a).
(a)

(b)

(c)

Fig. 2: (a) subcritical scroll compressor, (b) two-stage transcritical compressor for MT refrigeration
and (c) two-stage transcritical compressor for LT refrigeration

No scroll compressor options were available for a transcritical applications due to the pressure
limitation of scroll compressors. Several options for transcritical rotary CO2 compressors are
available but only in lower capacity ranges than needed in this system. Thus, the only option for the
transcritical compressor is a reciprocating compressor. As will be shown in the experimental results
presented below, it is difficult for a single-stage compressor to yield reasonable COP for a
refrigeration system even at 40°C ambient, meaning that in order to reach the design ambient
temperature of 57°C, it is likely that two-stage compressor will be necessary. Two-stage compression
will improve the COP of the cycle (reduced compressor power) as well as expand the operating
range of the cycle due to the reduction in compressor discharge temperature and ability to operate
at higher discharge pressures. The options for two-stage transcritical CO2 reciprocating compressors
are currently limited, as only two different suitable product lines could be identified, one of which was
intended for LT refrigeration (very low suction pressures) only and the other intended for MT
refrigeration (more in line with suction pressures to be used in this system). The two-stage
compressor for MT refrigeration, shown in Fig. 2(b), was selected for use in this system; it has a
nominal displacement of 5.8 m3 hr-1 (allowing for a capacity of close to 10 kW at its maximum speed)
and an operating range of suction pressure down to 29 bar (-5°C saturation temperature) and
discharge pressure up to 125 bar.
2.3 Heat Exchanger Design
In order to achieve as high of COP as possible at the design condition, it will be critical to achieve
as small of gas cooler approach temperature (refrigerant outlet less ambient) as possible because
of the very high ambient condition, making gas cooler design important to achieving the desired
system efficiency. Because of their superior air-side performance and the fact that they were made
with light-weight, low-cost aluminum, microchannel gas coolers were selected for this system.
Multiple microchannel slabs were chosen to ensure sufficient gas cooler area for the system. The
microchannel slabs have different face area but the same tube and fin geometry, and each slab was
4 rows deep. The major and minor diameter of the microchannel tubes were 7.9 mm and 1.4 mm,
respectively, and each tube had 4 microchannel ports of around 0.9 mm hydraulic diameter. The fin
pitch was approximately 1.5 mm. An example of one of the slabs used is shown in Fig. 3(a). The
combined air-side area of the microchannel slabs is 20.2 m2. As will be shown in the experimental
results section, these gas coolers would be expected to achieve an approach temperature less than
2 K, which is generally considered to be good gas cooler performance. Additionally, the use a twostage compressor allows for the addition of an intercooler to the system; the intercooler had the
same tube and fin dimensions as the gas cooler slabs, with a total air-side area of 2.8 m2.
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(a)

(b)

Fig. 3: Heat exchangers to be used in system: (a) microchannel gas cooler slab and (b) round-tube
evaporator (same for both LT and MT)

On the other hand, a microchannel heat exchanger, while used as evaporators in automotive
applications, are generally not suitable for refrigeration applications due to their difficulty in handling
condensate and frost as well as the issue of refrigerant maldistribution when a two-phase flow enters
the header. Instead, conventional round-tube evaporators are still used even transcritical CO2
systems, with the particular unit used as both MT and LT evaporators shown in Fig. 3(b). The
evaporator coils have 3 rows of 14 tubes each (9.5 mm tube diameter), arranged in three refrigerant
circuits for optimized mass flux. The overall finned height, width and depth of the coil are 370 mm,
2030 mm, and 66 mm, respectively, and the fin pitch was 4.2 mm. These dimensions yield a total
air-side area of approximately 24 m2 per evaporator, which is oversized for the desired capacity but
should help improve system efficiency; the face velocity is about 2 m s-1.
Evaporator performance was simulated using the software package Evap-Cond (NIST, 2016). It was
found that with 10K refrigerant-to-air temperature difference in the evaporator and 5 K of superheat
under LT conditions, the evaporator would allow for up to 6.7 kW of capacity, which is about double
what would be needed for MT conditions. Thus, the system should easily be able to operate at design
condition with less than 10 K temperature difference in the evaporators. Nonetheless, this larger
evaporator area will be beneficial during pulldown operation when larger capacity is desired.
2.4 Internal Heat Exchanger and Expansion Work Recovery
One simple way to significantly boost the capacity and COP of a CO2 cycle is to include an internal
heat exchanger (IHX), which further cools the high-pressure fluid after the gas cooler using the lowertemperature fluid from the evaporator. This is most easily accomplished with a small brazed plate
heat exchanger capable of withstanding the CO2 pressures. In this system, the CO2 IHX had a heat
transfer area of 0.33 m2, overall dimensions of 191 mm (length) x 77 mm (width) x 43 mm (height),
and a weight of 2.4 kg.
Another very effective method for improving the performance of transcritical CO2 cycles is expansion
work recovery, as commonly accomplished with an ejector or an expander, with much recent
research opting for the ejector due to its simplicity in construction and implementation. In a multitemperature refrigeration system, the ejector is most commonly used to lift the pressure of the fluid
exiting the MT evaporators. In supermarket systems, multiple ejector in parallel are used to pump
liquid and vapor separately, with the vapor being sent to a set of parallel compressors. However, in
this smaller-scale application, it is not reasonable to include multiple ejectors or parallel
compressors, meaning the ejector simply lifts the pressure of the MT evaporator flow before the MT
compressor. Sample experimental results demonstrating the potential of an ejector in this system
are presented in the following section. An ejector was designed and built in-house, shown in Fig. 4,
based on extensive previous experience with CO2 ejectors. The ejector uses a stepper motor to
control the position of a needle in the motive nozzle which is used to control and optimize high-side
pressure of the system.
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Stepper Motor

Diffuser Outlet →

↑ Suction Flow

Motive Flow ↑

Fig. 4: In-house, modular, adjustable ejector

3. EXPERIMENTAL RESULTS
3.1 Ejector Results
Experimental results for the performance of the in-house ejector described above were obtained on
an ejector component testing rig; the results for ejector pressure lift (outlet pressure less suction
pressure) and work recovery efficiency (actual power to compress suction stream divided by
theoretical maximum power available from expansion of motive stream) are presented in Fig. 5.
Ejector suction pressure and quality were around 30 bar and 0.9, which is on the high end in terms
of pressure of what the ejector would be expected to see in the container system though still fairly
reasonable. Several different ambient conditions were simulated, with ejector motive temperature
shown on the chart; given the large temperature difference in the IHX, it can be assumed that the
gas cooler outlet temperature would be around 15 K higher than the motive inlet temperature. In this
case, the two points at highest motive temperature would then be representative of the design
condition of the container system.
Psn,in = 30 bar
xsn,in ~ 0.9

30

37°C

Pressure Lift (bar) / Efficiency (%)

28°C
25

Tmn,in = 42°C

20

ηejec

15

10

42°C

37°C
28°C

5

Plift
0

80

90

100

110

120

Motive Pressure (bar)
Fig. 5: Sample performance results from in-house ejector shows opportunity for significant pressure
lift (up to 8 bar) at container design condition

It can be seen from Fig. 5 that significant ejector pressure lift (maximum observed up to 7.6 bar) is
achievable at conditions representing the design condition of the container, meaning a direct
increase of 7.6 bar in MT compressor suction pressure and a considerable improvement in energy
efficiency. The ejector work recovery efficiency was only 24 % in this case; slightly higher efficiency
was achieved at conditions of lower motive pressure and temperature. This demonstrates that with
further ejector geometry optimization, a few percent higher ejector efficiency could possibly
achieved, yielding still higher ejector pressure lift.
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3.2 Baseline System-level Results
Initial experimental results have been obtained on a breadboard test facility with similar components
that will be used in the container unit described above. A transcritical CO2 system with a single-stage
compressor and a single evaporator was assembled in environmental chambers to control
refrigerated (indoor) and outdoor conditions. Open loop wind tunnels were used to control air flow
rate and temperature to the gas cooler and evaporator. A single-stage compressor was used; the
compressor speed was maintained at 40 Hz, yielding a displacement rate of 5.0 m3 hr-1 at this speed.
The refrigerated air temperature was set to 3°C (dry), while the outdoor temperature was varied
between 20 and 40°C. The gas coolers described above were used for these tests. The evaporator
was a round tube heat exchanger but was different than the evaporator coils described above being
installed in the container unit. Other components, such as the IHX, expansion valve, and
intermediate pressure receiver, are the same or very similar to what will be used in the container.
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Fig. 6: Performance of single-stage compression refrigeration cycle: (a) COP, (b) MT cooling
capacity, (c) compressor discharge temperature, and (d) gas cooler approach temperature

The experimental results for system-level performance are shown in Fig. 6. It can be seen from Fig.
6(a) that the COP of the cycle, when optimized, can reach up to 2.0 at 20°C ambient temperature.
However, the COP cannot reach even 1.0, as the high-side pressure was limited by a compressor
discharge temperature of 150°C, as shown in Fig. 6(c); thus the system with the single-stage
compressor seems to be limited to ambient temperature up to 40°C. Fig. 6(b) shows the MT capacity,
which would demonstrate the total capacity if a two-temperature system were used. A capacity of
about 6 kW is needed at the design condition, and it can be seen from the Fig. that greater
compressor displacement (higher speed) would be needed to meet the capacity requirement at
higher ambient temperature. Evaporation pressure was generally in the range of 25 – 30 bar
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depending on the high-side pressure and thus demanded capacity; this is about the range of
pressures that the MT evaporator would be expected to operate at in the container unit. IHX
effectiveness varied between 80 % and 95 % over the range of conditions, though most points were
close to 90 %, which indicates that the IHX is sufficiently large. Fig. 6(d) shows the approach
temperature of the gas cooler. It can be seen that for the points where optimum COP is observed,
the gas cooler approach temperature is in the range of 1 – 2 K, indicating good gas cooler
performance with the selected gas cooler slabs. Fig.s 7 and 8 compare the system performance with
and without IHX. The system without an IHX has lower compressor suction superheat, meaning it
can operate at higher discharge pressure before meeting the discharge pressure limit. For a given
high-side pressure, the system with an IHX is always better. For the case of 30°C ambient
temperature, for which the optimum high-side pressure is reached, the system with an IHX achieves
higher COP and capacity. However, for the case of 40°C ambient temperature, the system with an
IHX can actually achieve slightly higher COP and capacity because of its extended range of highside pressure. This effect will need to be investigated further when being used with a two-stage
compressor.
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Fig. 8: Comparison of system performance with and without IHX at 40°C ambient
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4. SUMMARY
This paper has discussed the design and initial experimental results of a multi-temperature CO2
refrigerated container. The system is being designed for a very high ambient temperature of 57°C.
In order to achieve reasonable performance at this condition, a system architecture involving multistage compression and expansion work recovery with an ejector is being implemented. The
experimental results for an ejector have shown that very promising ejector performance (work
recovery efficiency in the range of 25 – 30 % and pressure lift upwards of 8 bar at the design
condition). System level experimental and model results have shown that the heat exchangers
(evaporators, gas cooler, and IHX) all achieve good performance. It was also seen that a singlestage transcritical compressor will not be able to meet the requirements of the system, and a twostage compressor will be necessary to achieve the desired operating range and energy efficiency.
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NOMENCLATURE
Symbols and Abbreviations
𝐶𝑂𝑃
Coefficient of Performance (-)
IHX
internal heat exchanger
LT
low temperature
MT
medium temperature

𝑃
𝑇
𝑥
𝜂𝑒𝑗𝑒𝑐

pressure (bar)
temperature (°C)
vapor mass fraction (-)
ejector efficiency (-)

Subscripts
air
amb
cp

lift
mn
sn

increase provided by ejector
motive nozzle of ejector
suction nozzle of ejector

air-side of heat exchanger
ambient
compressor
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ABSTRACT
There is a large potential in increased export of seafood from Norway and one of the categories that
yet is little explored is live crustaceans. Transport of living animals requires extra precautions
regarding the health and well-being of the animal. In this study, Norway lobster (Nephrops
norvegicus) were chilled with refrigerated sea water, while transported in a truck. A mobile RSW
system with CO2 as refrigerant was used to provide chilled water below 5 °C. The temperatures in
the chilling water were stable during the entire transport and the water had good oxygen saturation
and stable pH-values, which is important for the welfare and survival rate of the lobsters. The survival
rate of the crustaceans was good after transportation, and overall, the study showed that there is a
potential for increased transportation of live lobster, without limiting the welfare of the animals.
Keywords: CO2, live transportation, seafood, Norway lobster, RSW

1

INTRODUCTION

The market for live seafood is of great interest globally, and Norwegian seafood like the crustacean
Norway lobster (Nephrops norvegicus) is no exception. In 2016 the total value from crustacean
fishery was 1.9 billion NOK, a growth by 21 % from 2015 (Statistics Norway, 2018). High demand by
international byers, suggest that this growth will continue. The lobster is sensitive to variations in
environmental conditions, especially to temperature. Due to this and its potentially high commercial
value, Norway lobster was selected as the model organism in this trial. It is of particular interest to
study how industrial handling procedures can be optimized to enhance animal welfare and reduce
stress and mortality in the value chain. Norway lobster has been extensively studied in terms of its
physiology, and as to how both natural and anthropogenic stressors will affect this species.
A typical value chain Norway lobster consists of the following steps from capture to market (where it
is sold alive):
1. caught in lobster pots by small fishing vessels (< 10 m) in coastal areas
2. transfer of individuals to lobster cells (''tube tray matrix'') onboard the fishing vessel
3. transport to a commercial handling facility (< 2 h)
4. at the handling facility the lobsters are fasted for at least two days in tanks with running sea
water
5. before packing, the lobsters are chilled in a mixture of crushed ice and sea water (about 1.5
°C) to make the animals torpid for easy handling prior to packaging in EPS boxes containing
moist cloths and gel ice packs
6. transport to market by vehicle and/or plane
To avoid mortalities and to maintain a high-quality product, the industry states that the current
transport method is suitable for no more than 2 - 3 days, depending on season. Stress related to
capture and subsequent handling is more severe in late summer/early autumn than in winter (Lund
et al, 2009), due to elevated temperature and directly sun exposure. The limitations to the
transporting time can be a logistical challenge, since landing facilities often are located at outskirts
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along the Norwegian coast. Further, the growing industry is interested in increasing production and
to find new and more distant markets for their high-value products.
Today, transportation of live lobster is mostly done in EPS-boxes, where they are stored side-byside in the box. Dry transportation exposes the animal to air and cause severe changes in
haemolymph chemistry (Ridgeway et al. 2006), (Fotedar and Evans, 2011), which is a wellestablished stress parameter. In the absence of water, gills are greatly impaired, leading to
respiratory acidosis (drop in pH), accumulation of CO2 (hypercapnia) and ammonia in the
haemolymph (Schmitt and Uglow, 1997). To minimize these metabolic processes, maintaining a low
holding temperature is essential (Bernasconi and Uglow, 2008). Typically, temperatures of around
4-5°C are maintained during transport. In addition to negative influence from air exposure, the
animals are often transported side by side, which can result in injuries where active lobsters can cut
off each other's legs and claws.
Preliminary tests with dry transportation for up to 3 days has showed negative impact on stress and
survival and emphasized the importance of wet transportation of lobsters, which can ensure better
animal welfare as well as supplying the European market with live lobster of good quality (Read more
under 2.6 preliminary tests). New innovative transportation solutions are therefore searched for by
the industry. Transportation in sea water might be a solution to this.
In the current industrial trial, a transportation system including a truck dedicated for transport of live
salmon smolts were tested. Due to the seasonal variation's alternative application for these kind of
truck trailers are searched for. Transportation of live seafood such as crustaceans, is a potential new
marked area for transportation companies. Salmon smolts are normally not that sensitive to rise in
temperature during transportation, and due to this the trucks are not equipped with an RSW-system
(Refrigerated Sea Water) to retain chilled temperature. Other spices, such as Norway lobster, are
more sensitive to high temperatures, and require chilled sea water during transportation.
RSW-systems are widely used in the seafood industry for cooling of fish on board fishing vessels as
well as in well boats, and for chilling in land-based fish processing plants. The RSW system used in
this trial, is based on CO2 as refrigerant and are designed to manage and control a stable or varying
temperature during transportation. For this purpose, SINTEF's mobile RSW pilot unit were mounted
on the truck.
Introducing transport of live lobster in refrigerated sea water as a feasible option to traditional dry
transportation, is an innovation worth exploring. New business models must be developed, and
alternative technology like specially designed transportation units, must be tested and developed.
Wet transportation will reduce the matter of necessity of manually handling the animal more than
necessary. Immersion of the animals in water is necessary for survival, and a common practice both
on the boat immediate post-harvest (Neil 2012) and after transport to the market (in order to let them
recover from the physiological disturbances associated with prolonged air exposure). However, this
has not been common during transportation. An obvious advantage of transporting animals in water
is that it is possible to avoid the gradual weakening (or death) of the animals due to anaerobic
respiration. To succeed it is however important that the water quality is adequate and that
temperatures are kept at a minimum within the species optimum temperature range.

2. MEASUREMENTS AND METHODS
2.1 Study Area
The trial was carried out in between the 4th and 5th of August 2018 on board one of Malo Transport's
special built Volvo truck trailers. The transportation started off from Gjemnes (NO) 05:30 pm at the
north-west coast of Norway, via ferry boat from Kristiansand (NO) to Hirtshals (DK). The total
duration of transport was 18 hours and 45 minutes.
2.2 Trailer and Transportation
The trailer used for transportation of the lobsters was equipped with 12 closed tanks in total, each
with a volume of 2 cubic meter (width 215 cm, length 100 cm, height 90 cm) and a hatch measuring
70x60 cm (Fig. 1) The truck itself was equipped with five closed tanks (T1, T2, T3, T4 and T5). In
addition, the vehicle could tow a trailer, which was equipped with an additional seven closed tanks
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(T6-T12). The tanks were all filled with fresh sea water from approximately 80 meters of depth.
Container T1 to T5 were all connected through an internal manifold were each tank could be filled
with sea water (the same is valid for T6-T12 on the trailer). In addition, a piping system for
recirculation of sea water were mounted. In this study, trails were carried out by evaluating tank 2
(T2) and 5 (T5) on the truck. During the trial the other tanks were used for transportation of other
crustaceans. Each tank was equipped with sensors measuring temperature (⁰C), pH and oxygen
saturation (DO).

Figure 1: Top - Trucks used for transportation of live lobsters. Bottom – tanks used for transportation
of the lobsters, equipped with RSW circulation and sensors measuring temperature (⁰C), pH and
oxygen saturation (DO)

2.3 RSW System
In this trial a mobile RSW-unit was tested. The main purpose was to consider if RSW is a suitable
system to maintain an optimal temperature below 5°C for live transportation of Norway lobster from
Norway to Denmark. The RSW-unit was mounted outside the truck as shown in Fig. 2. Preliminary
testing of the settings used for the trial showed that the custom made mobile RSW-unit could produce
water with temperature of 0.5°C ± 0.2°C. The refrigeration unit was operated with a transcritical semihermetic CO2 compressor (Dorin CD380H, Max operating current 9.4 A at 400V, 50Hz). The cooling
capacity was measured to be 10-12 kW, resulting in a COP of 2.7-3.2. The sea water chiller (with
pump capacity 320 l/min) was a MIT produced titanium pipe heat exchanger with flow-switch. The
condenser heat was removed by running tap water in a Kaori condenser/gas-cooler, in addition to a
parallel external air condenser. An internal Kaori heat-exchanger regulated the gas temperature into
the compressor.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3643

2.4 Norway Lobsters
A total of 291 kg live Norway lobsters were collected from
Gjemnes (6475 Gjemnes, Norway). Typical weight of Norway
lobster varies from 150 to 450g. The lobster is distinguished by
weight. In T2 smaller lobster were stored, typically 150 – 250 g,
and in T5 lobster sized above 300 g were stored. The lobsters
were starved before transportation to ensure better water quality
(less defecation in the water). Prior to being loaded onto the
vehicle the lobsters were packaged and stored in special
designed tube tray matrix system used by the processors for
storage at their facilities (Fig. 3). Boxes of the tube tray systems
were placed in tank T2 (135 kg) and T5 (156 kg) on the truck.
Individual storage of lobsters in trays are important to ensure that Figure 2: Typical tube tray matrix
the lobsters don't attack each other. Additionally, the trays for individual handling of lobsters
enabled a larger number of animals to be stored in each tank.
2.5 Survival and Vitality
Vitality of Norway lobsters are normally determined using an establishes score board (range 1-5)
where high values (score 5 or 4) indicate the lobsters of high vitality suitable for transportation, and
low values indicate lobsters unsuitable for transportation that are dead, moribund or weak (score 31). However, since this trial was a proof-of concept for RSW as a feasible technology to control sea
water temperature during transportation of live crustaceans the observations of vitality were done
the traditional way by subjective evaluation by the operators before and after transportation.

Figure 3: Vitality score index ranges between 1 to 5 for Norway lobsters. Left picture shows lobsters
with low score (typical 2), right picture lobsters with high vitality, typical score of 5.

2.6 Preliminary Tests
During the spring of 2018 a preliminary test were conducted to evaluate how different treatment
methods and temperatures affected survival, stress and recovery of Norway lobster during traditional
dry transportation for up to 3 days. Prior to the test, the lobsters were starved for 5 days placed in
the tube tray matrix in plastic tubs with running sea water (5.6 °C). The lobsters were subjected to
three different temperature treatments before packaging by the traditional methods in EPS-boxes.
Results showed that pre-treatment with RSW (chilled to 1°C) gave mortality rates of 3 %, 4 % and 0
% on day 1, 2 and 3 respectively. For comparison, packaging of lobsters that had been stored in sea
water at 5.6 °C prior to packaging and transportation had mortality rates of 15 %, 6 % and 11 %.
Results from the measurements showed a clear decrease of vitality for each day of transportation.
Regardless of pre-treatment methods, dry transportation had a negative effect on the animals. Some
lobsters had experienced loss of arms or claws loss during the transportation. The lobsters also
showed anaerobe respiration with reduced pH in haemolymph, high lactate values, and low white
muscle pH indicating that the animals had some muscle activity during the test. Air exposure during
the traditional dry transportation impairs the gills, which in turn lead to respiratory acidosis or
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suffocation. The results from the preliminary tests emphasized the importance of how wet
transportation of lobsters can ensure much better animal welfare, as well as supplying the European
market with live lobsters of good quality.

3. RESULTS AND DISCUSSION
The results and data described in this section were extracted from sensors mounted on the truck.
Sea water quality in the closed tanks was determined by logging dissolved oxygen (DO), pH (CO2)
and temperature (⁰C) continuously during the entire transport of our study.
3.1 Temperature during transport
The water temperature profiles during the entire transport are shown in Fig. 4. The present study
covers typical Norwegian sea water temperatures during late summer conditions (10-12 ⁰C). The
sea water temperature in two tanks (T2 and T5) were measured and started at approx. 10 ⁰C and
were subsequently reduced to the desired transportation temperature of 4 ⁰C within 3 hours. This
corresponds to a decrease in temperature of 2.1 ⁰C/h. After reaching the desired setpoint, the
temperature was maintained at 4 ⁰C throughout the trial. This is within the reported optimal
temperature range for Norway lobster, which is 4-10 ⁰C. Also, if the water gets to colder (below 0 ⁰C)
or higher (above 19 ⁰C) the mortality rate of the lobster increases significantly (Barrento, 2009).
Lobster activity and its demand for oxygen increases with temperature, but at higher temperatures,
sea water holds less oxygen. Due to the link between temperature and dissolved oxygen it is
essential to ensure enough waterflow and oxygenation to provide adequate oxygen for the lobsters
(Beard and McGregor, 2004).

Figure 4: Temperature measured in tank 2 and 5 during transportation of Norway lobster

3.2 pH and Oxygen Saturation
In both tanks, the dissolved oxygen levels varied around the set point of 100 % saturation (Fig. 5),
which is known as the maximum solubility at normal atmospheric pressure. Lobsters have been
reported to tolerate low oxygen levels (e.g. 50%), however the aim should be to keep the water well
oxygenated at all times (above 70%) (Barrento, 2009). Compared to the traditional use of the RSW
tanks, the biomass oxygen demand, were much lower for crustaceans than for fish. Hence, the
oxygenation system had no problem with supplying the animals with more than the adequate oxygen
levels. Moreover, due to the low temperature, the lobsters also required less oxygen to survive. As
shown in the figure, the DO (especially tank 5) peaked just after DO in tank was measured below
the setpoint (DO = 100 %). Probably, the regulator responded and opened the inlet valve for oxygen,
resulting a DO peak.
The oxygenation system mounted on current transportation system, seems to be oversized for
transportation of lobsters. The transportation system was originally designed for transporting live
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salmon smolt and wrasse in the aquaculture industry. Further studies regarding correct oxygenation
level during live transportation of lobsters, must be conducted.

Figure 5: Oxygen saturation (DO) in sea water during transportation. Fluctuations around the set-point
of 100 % is shown

The sea water pH showed stable values throughout transport with values around 7.2 and 7.4 (Fig.
6). Normal pH in sea water ranges between 7.5 and 8.4 (Chester and Jickells, 2012), and the
optimum conditions for the lobsters are reported to be within the range of 7.8 and 8.2 (Barrento,
2009). Considering the low biomass, and thereby a low production of CO2, as well as the large
capacity of the system (when crustaceans are considered), pH in the system seems a little low. A
dramatic drop of pH was basically not observed except for the slight drop observed in Tank 2 by the
end of the transport. However, lethal pH values for lobsters are reported as lower than 5 or higher
than 9 (Barrento, 2009). Nevertheless, it should be noted that the sea water pH-levels in the tanks
are somewhat low already at beginning of the trial. We are unable to pinpoint the reason for the
consistently low values, but one explanation could be that the electrodes were out of sync. According
to information from the transportation company, the pH-electrodes are calibrated every third month
according to established procedures. The electrodes were not calibrated prior to this trial. Another
possibility could be that the water used to fill the tanks were of low quality with low pH due to
contaminants from waste water released into the sea water from nearby industry, or that the water
was filled on the tanks a while before trial start. However, it should be stated that the somewhat low
pH values probably had no negative affect on the live transportation of the crustaceans.
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In further experiments there is a need to sample and analyse water from the transportation tanks
before and after transportation to get a clearer picture of the water chemistry.

Figure 6: pH in chilling water during live transportation of lobster. pH was stable during the complete
transport

3.3 Condition of the Lobster after Transport
Upon arrival at the receiving facility in Hirtshals (DK), after almost 19 hours of transportation in tanks
on the trucks, the lobsters were filmed while they were released into storage tanks. The lobsters
were reported exhibiting high vitality and low mortality (approx. 3 % mortality) according to the staff
at the receiving facility. Figures of mortality by dry transportation during the same period, late
summer condition, are reported from the industry to vary a lot, but numbers from 10 to 30 % are
mentioned. The animals were reported to show higher vitality compared to what is normal for lobsters
from dry transport in EPS-boxes. Traditional dry transportation in EPS-boxes are limited up to two
days. Additionally, recovery time from dry transportation is reported to be higher than for the lobsters
that had been transported by truck in RSW. Recovery time was not measured during this study but
will be one objective of further work. It would be useful for both the storage facilities and
transportation vehicles to keep records on all mortalities to build a picture of what is regarded as a
"normal" level of mortalities. It is important to extinguish between the immediate post-transportation
deaths and the day-to day mortalities that that can be expected also in the best systems. By regularly
observing the stored lobsters the staff will soon develop an awareness of what is normal or abnormal
behaviour, and be able to detect abnormal behaviour patterns early, which can give a valuable early
warning of deteriorating conditions in for example water conditions.
During the preliminary test conducted during the spring of 2018 (see 3.6) we saw loss of claws or
walking legs. This could be a sign of stressed animals, as lobsters are known to shed their claws or
legs by autonomy if they are exposed to severe stress (Barrento, 2009). This can often be linked to
excessive handling or drastic changes in environmental conditions like for example to high or low
temperature (Barrento, S., 2009). During the present study the influence of ΔT on the welfare of
lobsters was not studied. However, this would be an interesting topic for future studies.
Transportation of lobsters in refrigerated sea water results in less management and treatment of the
animal throughout the value chain. As a consequence, this allow the lobsters to be packed directly
into the specially designed tube tray matrix system during harvesting. This will reduce the need for
intermediate handling (e.g. sedation step and packing), and also reduce dramatically the use of EPSboxes.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3647

4. CONCLUSIONS AND FURTHER WORK
With testing of this mobile pilot RSW-unit, it has been showed that wet transportation of live Norway
lobster (Nephrops norvegicus) in chilled sea water can be an alternative compared to established
and traditional dry transportation. Wet transportation result in less handling, can increase travel time
and ability to survive over longer distance, hence improve quality. The RSW system unit tested in
this trial provided the lobsters with sea water at constant low temperature throughout the
transportation. The measurements results show that temperature can be reduced gradually and
maintained at a desired level during the transport. Norway lobster can now be offered to a greater
seafood markets, especially the growing high-end marked in southern Europe.
The transportation system used in current trial, provided the lobsters with ample access of oxygen
at all time. The oxygenation system was designed for transportation of fish with a higher oxygen
demand, and hence oversized for this use, considered the reduced need for oxygen of lobsters
stored at low temperature. This should be adjusted and will be part of further studies.
The measured pH values were low but stable throughout the entire transportation with values
between 7.2 and 7.4. In further experiments there is a need to sample and analyse water from the
transportation tanks before and after transportation to get a clearer picture of the water chemistry to
prevent the value of sinking below the optimum range.
The current industrial trial shows that wet transportation might be an innovative solution for live
transportation of lobster in special and live seafood in general. The trial reviled some interesting
topics which include development of alternative and special designed storing tubes. Further studies
regarding special designed logistic system, as well as recovery time after transportation and
destination, must be studied further.
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ABSTRACT
The ageing process is a common problem in refrigerated transport. This phenomenon has always
been studied from the comparison of the K value of the in-service vehicles at nine or twelve years
of use with the K value of their prototypes. This is a method that stems from the current regulation
for the international transport of perishable foodstuff which allows certifying a new refrigerated
vehicle produced in series on the basis of its prototype. The vehicle produced in a series may have
a different K coefficient compared to its prototype due to reasons intrinsic to the production process
or to discrepancies on the body itself. The estimation of this difference is necessary for the study of
ageing. It is also an important issue for new refrigerated trucks certification. A previous paper
highlighted the comparison of the K coefficient of fourteen newly manufactured semi-trailers and
their prototypes. In this paper, the same experimental assessment is proposed for a representative
number of refrigerated trucks. A comparison with previous results is also presented.
Keywords: Ageing Phenomena, Thermal Insulation, K coefficient, Refrigerated Transport,
Refrigerated Vehicles, Prototypes, In-service Vehicles.

1. INTRODUCTION
The performance of insulated enclosures for refrigerated vehicles is usually characterized by their
overall insulation coefficient (“K coefficient”) which usually increases with time because of the
ageing of the enclosure. This increase with the time may lead to excessive temperature ranges in
the cargo space and faster warming in the absence of refrigeration (Lawton and Marshall, 2008).
The oversizing of the cooling power of the refrigeration unit counteracts the excessive temperature
ranges due to the increasingly aging but results in greater energy consumption and environmental
pollution through GHG emissions. Considering that the refrigerated road transport fleet amounts to
some 4 million pieces of equipment in service worldwide (Cavalier and Tassou, 2011), the effect of
refrigerated transportation on the environment is not negligible. It is thus important to understand
which kind of changes and interventions could be made on the vehicle to gain in terms of insulating
performance and to reduce the ageing phenomena. According to the rule for renewal defined in the
current regulation for the international transport of perishable foodstuff (named ATP Agreement),
the evaluation of ageing may be made by comparing the K coefficient value of the in-service
vehicle at the n-th year, Kn to the initial K value of the prototype equipment, Kp, being, usually, the
only one available at the initial time. The ageing at twelve years of the in-service vehicle is thus
defined as:
𝐾
𝐴12 = 𝐾12
Eq. (1)
𝑝
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This definition includes some biases in that sense that the real vehicle produced in the series with
the same design of the prototype, may vary in terms of surface and number of accessories, with
the tolerance allowed by the previously mentioned regulation. Their internal surface, for example,
may vary by ±20 % compared to the prototype, and the real equipment could present less
accessories or openings. Furthermore, there are also some intrinsic reasons to the production
process that could alter the real K coefficient value: for instance, among others, the curing of the
insulant foam before manufacturing may be quite different from one case to another.
The reference prototype may have small differences in size and geometry, and hence a different
initial K value compared to the initial K value of the vehicle realized in the series. This circumstance
may affect the assessment of the real ageing. This aspect was previously analysed by Capo et al.
(2018) owing to the measurement of the K coefficient of fourteen newly manufactured semi-trailers.
All the measured K values of the new semi-trailers were found to be greater than the measured K
values of their reference prototypes. For five of them, the insulation class as granted on the basis
of the prototype vehicle was even found to be wrong. Considering the K value of the prototype (Kp)
as the reference measurement is not only the cause of an erratic evaluation of the ageing: it may
thus also result in a wrong insulation class for some of the bodies realized in the series.
The estimation of the difference between the real value of the K coefficient and that of the
reference prototype is proposed in this study for fourteen newly manufactured trucks. The K
coefficients of these trucks were measured in the Cemafroid test chamber and compared to the K
coefficients of their reference prototypes.

2. ATP TEST PROCEDURE FOR EVALUATING THE PERFORMANCE OF
INSULATED BODIES
The overall insulation coefficient is calculated as:
𝑄

𝐾 = 𝑆.∆𝑇

Eq. (2)

Where Q is the heating power or the cooling capacity, as the case may be, required to maintain a
constant absolute temperature difference ΔT between the mean internal temperature Tint and the
mean external temperature Text, during continuous operation, when the mean outside temperature
Text is constant for a body of mean surface area S. The mean surface area of the body is
represented by the geometric mean of the internal surface area S int and the external surface area
Sext of the body:
𝑆 = √𝑆𝑖𝑛𝑡 . 𝑆𝑒𝑥𝑡

Eq. (3)

For refrigerated trucks included in this study K was measured by following the ATP test procedure,
based on “the inner heating method”. This method is the same as that used in Capo et al. (2018). It
includes the measurement of twenty-four temperatures owing to as many probes, twelve of which
are placed inside the vehicle and twelve on the outside. The test typically takes more than twelve
hours of stabilization. The refrigerated vehicle was placed in the Cemafroid test chamber that is
accredited by COFRAC, the French accreditation body, for tests and calibrations according to ISO
17025 and that it is able to control the temperature of the chamber with an accuracy of ±0.5 K. Fig.
1 schematically shows the main conditions of the ATP test procedure, which requires a mean
outside temperature, Text of 7°C± 0.5 K and air flow velocity ranging from 1 to 2 m. s-1.
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Figure 1: Measurement principle of the K coefficient.

The measurements are made when steady state is reached with a mean inside temperature
around the value of 33°C ± 0.5 K. The presence of some ventilated electric heaters is needed to
reach a temperature difference between the inside of the body and the test chamber equal to
25 K ± 2 K. Furthermore, the walls of the body have to be maintained at an average temperature of
+20°C ± 0.5 K. For the heat balance to be satisfied, the total required cooling power, Q, which is
used in Eq.(2), is the sum of the total heating power W1 and ventilating power W2 of the devices
placed inside the body. Depending on the value of the K coefficient, insulating vehicles and bodies
are classified in:
-

Normal Insulated Equipment (IN) when 0.40 < K ≤ 0.70 W.m -2.K-1;
Reinforced Insulated Equipment (IR) if K ≤ 0.40 W.m -2.K-1.

The uncertainty of each measurement is calculated, taking into account several sources of
uncertainty: the heating power, Q, the temperature difference ΔT between the mean internal
temperature Tint and the mean external temperature T ext, and the surface area of the body. The
combined uncertainty for K coefficient measurement was evaluated as following:
2
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Eq. (4)

3. COMPARAISON BETWEEN THE K VALUE OF A NEWLY MANUFACTURED
TRUCK AND ITS REFERENCE PROTOTYPE
In order to confirm the deviation of the real vehicle from its prototype at the initial time, already
studied by Capo et al. (2018), fourteen newly manufactured trucks were tested and comparisons
were made with the K coefficient of their prototype but also with theoretical values. For such
refrigerated trucks, Capo et al. (2018) suggested that for such refrigeration trucks, a first estimate
of the theoretical K value can be calculated as:
𝐾𝑡ℎ = 𝜆

∑ 𝑆𝑖 /𝛿𝑖
∑ 𝑆𝑖

Eq. (5)

Where, λ is the initial thermal conductivity of the foam, while Si and 𝛿i are respectively, the mean
surface and the thickness of the i-th wall of the insulated body. Eq. (5) assumes that the thermal
resistance of the whole body is related only to the insulating foam and gives an ideal reference
value that neglects the thermal bridges due to geometric singularities. Previous studies concluded
on a statistical basis that this contribution can reach up to 30-35% of the theoretical value as
defined by Eq. (5) (Boldrin et al., 1990). When the Kth values of the prototype and the real vehicle
are nearly the same, one can thus suppose that the geometry does not affect the variation
between the measured K values. Fig. 2 shows the measured K values for each truck and its
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reference prototype. The white bars with the defined contours represent the measured K values for
the prototypes, Kp whereas the filled bars represent the measured K values at initial time for the real
in-service trucks, K0.

Figure 2: measured K values of fourteen newly manufactured trucks, compared to the respective
prototypes values. Red dot line represents the ATP threshold between reinforced
insulation, IR, and normal insulation, IN.

Excluding trucks 5, 8, 11, 12 which have been conceived better than the reference prototypes, the
others measured K0 values of the new trucks are greater than the measured values of the
prototypes, Kp. Also, trucks 2, 3, 4, 9, 10 and 13 results show to what extend the difference between
K0 and Kp can have an impact on the real performance of the vehicles actually circulating on the
road. Taking as reference their K0, which are greater than 0.40 W.m-2K-1, these trucks would have
obtained a different insulation class (IN) compared to that obtained based on the corresponding Kp
(IR). This difference between K0 and Kp which, in relative terms (i. e. (K0-Kp)/Kp), reaches a mean
value around 11% and a maximum of 45%, has an impact on the evaluation of the real ageing of the
vehicles. The maximum value of this difference is greater than the maximum value obtained by Capo
et al. (2018) for the semi-trailers, i.e. 26%. The uncertainty of K coefficient measurement for both the
prototype and the real truck are shown in Fig.2 (respectively round markers and square markers). In
both cases these uncertainties vary from 1.2 % to 3.8 %.
Figure 2 allows concluding that Kp is not a good reference for the assessment of ageing.
Fig. 3 shows the theoretical K values calculated using eq. 5, based on the geometry of the system
and on an initial thermal conductivity of 0.025 W.m-1.K-1 for the foam (as declared by
manufacturers).The white bars with the defined contours represent the theoretical K values for the
prototypes (Kp-th) whereas the filled bars represent the theoretical K values for the real in-service
trucks (K0-th). All trucks have nearly the same theoretical values meaning that the difference existing
in the measured values does not depend on the geometry and is probably due to all the changes
carried out on the new trucks, including the assembling of the refrigeration unit on them. For truck
number ten the theoretical K value of the prototype was not calculated due to a lack of data on the
dimensions of the vehicle.
These results are consistent with those for semi-trailers previously presented by Capo et al. (2018).
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Figure 3: theoretical K values of fourteen newly manufactured trucks, compared to the
respective theoretical prototypes values.

The theoretical values of K (K0,th and Kp,th) displayed on Fig. 3 were obtained assuming an ideal
situation where the refrigerated enclosures of the trucks are made only of polyurethane foam.
However, in order to resist to cracking, crumbling, shifting, and packing from the shock, vibration, and
flexing of the body structure, but also in order to prevent from breakdown at extreme temperatures,
the real vehicles are not made only of polyurethane foam but include a solid matrix. Using the values
of K0 of twenty-eight real vehicles (of which fourteen real trucks presented in this study and fourteen
real semi-trailers previously presented by Capo et al. (2018), it is possible to define an apparent
thermal conductivity (λapp) which takes into account the presence of the solid matrix as:
Eq. (6)

𝜆𝑎𝑝𝑝 = 𝐾0 𝛿𝑎𝑣𝑒𝑟𝑎𝑔𝑒
Where 𝛿average is the average thickness of the vehicle, calculated as:
𝜆𝑎𝑝𝑝 = 𝐾0 𝛿𝑎𝑣𝑒𝑟𝑎𝑔𝑒 = 𝐾0

∑ 𝛿𝑖 𝑆𝑖
∑ 𝑆𝑖

Eq. (7)

The relationship for all the dataset between K0 and 1/𝛿average is shown on Fig. 4. In this figure, the
triangle-shaped markers represent the results for semi-trailers whereas the square-shaped
markers refer to trucks. A linear regression was performed separately for the semi-trailers as well
as for the trucks in order to identify the apparent conductivity that is the slope of the line. The
continuous line in Fig. 4 represents the trend for trucks whereas the dotted line refers to semitrailers. One reaches:
𝐾0,𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 𝑓𝑜𝑟 𝑡𝑟𝑢𝑐𝑘𝑠 = 0.0313 (𝛿
i.e. λapp = 0.0313 W.m .K ,
and
-1

-1

1

𝑎𝑣𝑒𝑟𝑎𝑔𝑒

𝐾0,𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 𝑓𝑜𝑟 𝑠𝑒𝑚𝑖 𝑡𝑟𝑎𝑖𝑙𝑒𝑟𝑠 = 0.0294 (𝛿

)

1

𝑎𝑣𝑒𝑟𝑎𝑔𝑒

with 𝑅2 = 0.136

)

with 𝑅2 = 0.517

Eq. (8)

Eq. (9)

Gathering together the trucks and the semi-trailers as a unique series of vehicles, the same kind of
linear was performed to identify the average apparent conductivity:
𝐾0,𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑 𝑓𝑜𝑟 𝑎𝑙𝑙 𝑣𝑒ℎ𝑖𝑐𝑙𝑒𝑠 = 0.030 (

1
𝛿𝑎𝑣𝑒𝑟𝑎𝑔𝑒

)

with 𝑅2 = 0.1067

Eq. (10)

i.e. the apparent thermal conductivity (0.030 W.m -1.K-1) is greater than the thermal conductivity of
polyurethane foam (0.025 W.m -1.K-1) by 20%.
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Another way to apprehend the quality of the regression consists in plotting the values of K0 as
calculated by Eq. (10) against the measured values (Fig. 5). Note that 80% of the available data
points fall within a ±10% error band. For a statistical analysis, the mean percentage error (MPE)
and the mean average percentage error (MAPE) are considered. They are defined as:
1

𝑀𝑃𝐸 = 𝑛 ∑𝑛𝑖=1
1

𝐾0,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑 −𝐾0,𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑

𝑀𝐴𝑃𝐸 = 𝑛 ∑𝑛𝑖=1 |

Eq. (11)

𝐾0,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑
𝐾0,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑 −𝐾0,𝑐𝑎𝑙𝑐𝑢𝑙𝑎𝑡𝑒𝑑
𝐾0,𝑚𝑒𝑎𝑠𝑢𝑟𝑒𝑑

|

Eq. (12)

where n is the sample size (equal to twenty-eight in this study), K0,measured corresponds to the
experimental K0 obtained for the real in-service vehicles at initial instant of life, and K0,calculated the
predicted values obtained using Eq. (10). MPE and MAPE obtained for the present data are
respectively of -0.3% and 7.0%.

Figure 4: measured K values of fourteen newly manufactured trucks and fourteen newly
manufactured semi-trailers as a function of 1/𝛿 average.

Figure 5: Comparison of measured K0 values with calculated K0 values using Eq. 9.
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4. IMPACT OF THE REFRIGERATING UNIT
At the beginning of its life, the refrigerated vehicle may undergo various interventions which could
differently impact on the K coefficient (Capo et al., 2018). This may be the case, for example, of
the mounting on the vehicle of the refrigerating unit. With the aim of assessing the impact of this
intervention on the insulation performance of the vehicle, four refrigerated newly manufactured
semi-trailers, having a mean surface area equal to 158 m2, were tested under two different
conditions, i.e. in presence or absence of the refrigeration unit. When the refrigeration unit was
absent from the semi-trailer, a shutter buffer was taking its place. Results of this experimental
assessment are shown in Fig. 6. The non–colored parts of the bars having defined contours
represent the measured K0 values in absence of refrigerating unit. When the refrigerating unit is
mounted, the K0 values increase by an amount that depends from case to case. This amount is
highlighted by the colored parts of the bars. For these fours semi-trailers, the mean value of the
difference between K measured in these two conditions, i.e. in presence or absence of the
refrigerating unit, is equal to 0.019 W.m-2.K-1.

Figure 6: measured K values for four semi-trailers in presence and absence of the refrigeration
unit.

5. CONCLUSIONS
This communication mainly reports experimental results of K coefficient tests for fourteen
different newly manufactured trucks. These results are consistent with those previously
presented by Capo et al. (2018) for fourteen newly manufactured semi-trailers and confirm that
Kp is not a good indicator for the evaluation of ageing. Owing to experimental data for the trucks
presented in this paper, it was demonstrated that even in the case where geometry has a
negligible effect on the variation of the K value, there are significant differences (up to 45 %)
between the measured K coefficients of the new trucks and the values of their reference
prototypes. This difference is greater than that obtained for semi-trailers (up to 26%). Except for
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four trucks, all the measured K values of the new vehicles were found to be greater than those of
their reference prototype. Moreover, considering the K value of the prototype (Kp) as the
reference measurement, some of the trucks realized in the series, would have received a wrong
insulation class according to the ATP Agreement.
Combining the results of this paper with those previously presented by Capo et al. (2018), an
apparent thermal conductivity (λapp) was calculated and found to be equal to 0.030 W.m-1.K-1.
This parameter takes into account the presence of the solid matrix that improves the mechanical
robustness to the structure of the vehicle. This value is greater than that of the polyurethane foam
(0.025 W.m-1.K-1) by 20%, i.e. the matrix does not drastically affect the insulation performance of
the enclosure.
Another important result of this paper is that mounting of the refrigerating unit on the refrigerated
enclosure of the vehicle has a noticeable impact on the insulating performance of the vehicle. As
a matter of fact, four semi-trailers were tested under two different conditions, i.e. in presence or
absence of the refrigerating unit, and the mean value of the difference between K measured in
these two conditions was found to be equal to 0.019 W.m-2.K1. Improving the mounting technique
and the insulation of the refrigerating unit thus appear to be two useful tracks to enhance the
insulation performance of the vehicles realized on the series.

NOMENCLATURE
A12
Q
S
K
T
λ
δ
t
R2
MPE
MAPE

ageing
power (W)
Area (m 2)
overall insulation coefficient (W.m -2.K-1)
temperature (K)
thermal conductivity (W.m -1.K-1)
thickness (mm)
time (s)
coefficient of determination
mean percentage error (%)
mean average percentage error (%)

Subscripts
ext
external
int
internal
p
prototype
0
initial
n
n-th year
i
i-th
th
theoretical
app
apparent
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ABSTRACT
Recent research has identified the importance of understanding computational fluid dynamics (CFD)
in the analysis of flammable refrigerant leaks. Limited work has been documented on the use of CFD
in refrigerated transport applications. This paper describes progress towards a CFD-based
simulation framework to assess the risks of flammable refrigerant leaks in a marine refrigerated
container. The paper details a range of tests of refrigerant leaks and quantitative validation of a CFD
model setup for leaks that occur when evaporator fans in the refrigeration unit are powered on.
Experimental and simulated results are presented for distributions of gas concentration within the
container, along with temperature data. Results of a model performance study using the fractional
bias, normalised mean square error, geometric mean bias and geometric variance of the datasets
are also presented. In this study, all performance metrics fall within the acceptance criteria and
therefore, the modelling methodology is deemed robust and accurate.
Keywords: CFD, computational fluid dynamics, flammability, low GWP, refrigerant, refrigerated
transport

1. INTRODUCTION
Many important factors differentiate the transport refrigeration sector from the high-profile
commercial and residential heating, ventilation, air-conditioning and refrigeration (HVACR) sector in
terms of refrigerant technology. These include equipment size restrictions, weight restrictions and
operating profiles. Furthermore, a refrigerated transport container will mostly likely operate in, a
number of geographical regions over its lifespan and therefore it may need to comply with multiple
codes and regulations. This highlights the need for a comprehensive understanding of using low
global warming potential (GWP) flammable refrigerants in refrigerated transport containers.
One of the fundamental concerns regarding the transition to flammable refrigerants is refrigerant
leakages and associated risks. Such concerns are particularly relevant to transport refrigeration, due
to the sealed and confined space within the refrigerated container. Current literature relating to
flammable refrigerant leakages in transport refrigeration focuses primarily on R290 (Colbourne et
al., 2016; Konig et al., 2016; Poolman et al., 2016). In all of these studies, concentrations greater
than the lower flammability limit (LFL) of R290 are evident in a significant number of cases, even
when a reduction in charge size has been applied.
The LFL is the minimum concentration of gas required for flame propagation to occur in air, which is
0.038 kg/m 3 for R290. It is thus classified as flammability Class 3 by ANSI/ASHRAE Standard 34
(ANSI/ASHRAE, 2016) and ISO 817 (ISO, 2014). This low value is problematic in applications
requiring larger charge sizes, such as transport refrigeration units. Class 2/2L refrigerants have an
LFL greater than 0.10 kg/m 3 by definition and therefore higher concentrations are needed for
flammable conditions to form. This reduces the risk associated with leakage events and allows larger
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charge size to be used in the equipment. Hence, they are currently being investigated as a lower
GWP alternative refrigerant for transport refrigeration.
There are limited published studies on the dispersion and fluid flow physics of a point-source release
of a gas in a sealed and un-ventilated environment, such as a refrigerated transport container. The
authors of this paper have previously presented work on an experimentally-validated computational
fluid dynamics (CFD) model for the prediction of gas dispersion and distribution due to a leak in a
refrigerated transport container, where forced convection mixing has taken place due to the
evaporator fans being in operation (O’Reilly et al., 2018). In that study, a qualitative crosscomparison between CFD and experimental data was carried out, which demonstrated that the CFD
could predict the steady-state uniformly mixed concentration of released gas to within ±5% of
experimentally observed data.
However, as with all numerical modelling, rigorous verification and validation is required and it is
desirable to quantitatively measure agreement between model predictions and experimental
measurements. There are many tools available for this purpose, such as classical ANOVA (Analysis
of Variance), pattern comparison tests and weighted average fractional bias plots (Meroney et al.,
2016). Hanna (1993) performed extensive work on dispersion model validation and Chang and
Hanna (2004) proposed a model performance methodology based on the fractional bias, the
geometric mean bias, the normalised mean square error and the geometric variance. Further detail
is given on these metrics in Section 2 below. These measures have been adopted across a number
of gas dispersion modelling studies, using both buoyant and heavy gases (Giannissi et al., 2015;
Schleder and Martins, 2016; Dong et al., 2017).
The objective of this paper is to evaluate the performance of the numerical model using typical
statistical performance metrics as described above. The next section gives an overview of the model
used in this study and the experimental set-up used for data measurement. The model performance
metrics, which are used to quantify the accuracy of the model, are also described. Section 3 presents
the results of the study. Finally, Section 4 presents the conclusions we draw from this work and
describes the next steps in the development of this modelling framework.

2. METHODS AND MATERIALS
2.1.

Simulation Framework

The overall focus of this work is to develop a comprehensive CFD-based simulation framework to
assess the risks of flammable refrigerant leakages in refrigerated transport containers. The use of
flammable refrigerants in the scale of experiments required by this work poses many challenges,
including health and safety risks, environmental concerns and high equipment cost. So, a refrigerant
surrogate gas is used for the experimental aspect of this work. CO2 was selected as the surrogate
gas for this work, as it is an inert heavy gas which is readily sensible. Once fully validated using the
experimental data from CO2 releases, the model will be modified to allow for flammable refrigerant
leakages to be studied. The work will also further extend to modelling and simulation of natural
convection mixing (i.e. when evaporator fans are powered off) when a leak occurs, which is more
difficult to predict due to the stochastic nature of natural convection turbulence.
2.2.

Data Acquisition

The authors have previously presented work illustrating the modelling set-up and detailing the
experimental equipment (O’Reilly et al., 2018). However, a brief overview is given here for continuity.
A series of leak tests were conducted, which were designed to simulate multiple possible refrigerant
leakages into a 6-m (20-ft) refrigerated container, fitted with a Thermo King MagnumPlus
refrigeration unit. Twelve experimental tests were carried out to develop a library of experimental
results for comparison with CFD simulations. A total of 36 CO2 sensors were installed in a regular
pattern in the container, as shown in Figure 1. The sensors used non-dispersive infra-red (NDIR)
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detection and were accurate to ±5% of reading for a range of 0-20% v/v, with a sensing frequency
of 20 Hz. Temperature at these locations was also recorded, using NiCr-Ni Type K thermocouples.

Figure 1. Refrigerated container layout

This particular refrigeration unit contained a charge of 4 kg R134a, which is the typical charge size
for this type of unit. This equates to 1.7 kg CO2 on a molar basis. This mass of CO2 was injected via
an auxiliary hose, placed through a drainage hole in the bulkhead of the container. The leak flow
rates were based on a leak duration, which were selected to represent leakages due to a range of
causes, such as corrosion, fatigue fracture or impact fracture of components. Both low (0.55 m 3/s)
and high (1.12 m 3/s) speed settings on the evaporator fans were utilised to determine if the fan flow
rate had any effect on the dispersion of released gas, while both empty and partially loaded container
configurations were also studied. A cargo load was represented by plastic boxes, the outline of which
is illustrated by the dashed line in Figure 1. The boxes were sealed and air-tight per manufacturers
specification. Therefore, CO2 absorption by the load was deemed negligible. Due to installation of
the sensors, the volume occupied by cargo was limited to 38% of total internal volume. The freshair exchange mechanism was not used for this work and any possible air-leakge points were sealed
for this testing, except the door seals which were accounted for in the model. Table 1 gives a
summary of each test and the experimental variables used.
Table 1: Experimental variables

#
1
2
3
4
5
6

Leak
time
(min)
4
15
60
4
15
60

Flow
rate
(g/s)
7.08
1.89
0.47
7.08
1.89
0.47

Fan
speed
(m 3/s)
0.55
0.55
0.55
1.12
1.12
1.12

Cargo
(%)

#

0
0
0
0
0
0

7
8
9
10
11
12

Leak
time
(min)
4
15
60
4
15
60

Flow
rate
(g/s)
7.08
1.89
0.47
7.08
1.89
0.47

Fan
speed
(m 3/s)
0.55
0.55
0.55
1.12
1.12
1.12

Cargo
(%)
38
38
38
38
38
38

The 3D CFD domain comprised one half of the container, by using symmetry about the central
vertical plane along the container’s length, as shown (Figure 2). A mass flow rate boundary condition
at the inlet, based on the CO2 flow rates, was applied and an atmospheric pressure outlet to replicate
the rear door seals was used. The mesh was composed of unstructured tetrahedral cells and grid
independence was achieved with 215,021 elements for simulations with an empty container and
206,896 elements for simulations with cargo. Also visible in Figure 2(a) are the symmetry plane and
the monitor points which were located at the same position as the sensors as used in experimental
work are illustrated in Figure 2(b). The heat flux through the walls to be imposed in the CFD
simulation was determined by using a transient thermal resistance-capacitance lumped model
comprising the internal air mass, evaporator, rear-plate, T-bar floor, internal aluminium wall,
intermediate polyurethane insulation layer and external steel wall. The fan power input at high speed
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was 751 W and 184 W at low speed. Each sensor dissipated 1.8 W, or 64.8 W in total. This gave
the mean heat flux out of the CFD domain at the walls of 3.3 W/m 2 for low fan speed and 10.5 W/m 2
for high fan speed. The difference in values was largely due the higher energy consumption of the
fans while running at the higher speed, while each individual case varied slightly due to the ambient
temperature at which the corresponding experiment was carried out.
(a)

(b)

Figure 2. Computational domain of the container for (a) the empty container with mesh shown and
(b) the container with cargo and no mesh shown for clarity

The commercial CFD code, ANSYS CFX 19.1 (ANSYS, 2018) was used to carry out the simulations,
along with the RANS k-ε turbulence model (Launder and Spalding, 1974). The second-order
backward Euler scheme was used to approximate all transient terms and the high resolution scheme
approximated the spatial derivatives. The ideal gas law was used to calculate the gas densities and
a variable composition binary mixture composed of air and CO 2 was used, with air as the constraint
component. The Reynolds-averaged transport equation was then solved for CO2.
2.3.

Model Performance Metrics

In order to quantitatively assess the model performance, a number of statistical performance
measures were considered, as mentioned above. Such metrics are typically used in pairs, with one
parameter used to indicate concentration under- or over-prediction and the other to indicate the level
of scatter (Giannissi et al., 2015). Chang and Hanna (2004) recommend the fractional bias (FB), the
geometric mean bias (MG), the normalised mean square error (NMSE) and the geometric variance
(VG), which are defined as follows:
𝐹𝐵 =

̅̅̅̅̅̅
̅̅̅̅̅̅
(𝐶
𝑒𝑥𝑝 − 𝐶𝐶𝐹𝐷 )
̅̅̅̅̅̅
̅̅̅̅̅̅
0.5(𝐶
𝑒𝑥𝑝 + 𝐶𝐶𝐹𝐷 )

Eq. (1)

̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅̅2
(𝐶𝑒𝑥𝑝 − 𝐶𝐶𝐹𝐷 )
𝑁𝑀𝑆𝐸 =
̅̅̅̅̅̅̅̅̅̅̅̅
𝐶𝑒𝑥𝑝 𝐶𝐶𝐹𝐷

Eq. (2)

̅̅̅̅̅̅̅̅̅̅̅̅
𝐶𝑒𝑥𝑝
𝑀𝐺 = 𝑒𝑥𝑝 [ln (
)]
𝐶𝐶𝐹𝐷

Eq. (3)

̅̅̅̅̅̅̅̅̅̅̅̅̅̅
𝐶𝑒𝑥𝑝 2
𝑉𝐺 = 𝑒𝑥𝑝 [ln (
) ]
𝐶𝐶𝐹𝐷

Eq. (4)

The FB (Equation 1) represents the residual error of the experimentally measured (Cexp) and
modelled gas concentrations (CCFD). The bias is normalised by the mean concentration of the data-
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set. FB indicates if the model under- or over-predicts concentration. Positive values mean that the
model under-predicts, while negative values indicate over-prediction and the ideal value is 0. The
FB should be accompanied by NMSE (Equation 2), which indicates the scatter of the entire dataset. It is the variance of FB and estimates the overall deviation between the observed and the
predicted values. Good model performance is indicated by small values of NMSE, with the ideal
value equal to 0. The second pair of statistical metrics used in this work are MG (Equation 3) and
VG (Equation 4). MG is the exponent of the logarithm of the ratio of experimental measurement to
modelled value. By taking the logarithim of the ratio, the influence of extreme ratios is reduced. It is
a measure of the relative mean bias and is less influenced by extreme ratios. Similarly, VG measures
the relative scatter. Both of these metrics have ideal values of 1.
Chang and Hanna (2004) further define an acceptable model as one where the random scatter is
about two or three of the mean, i.e. VG < 4 or NMSE < 9, and the relative mean bias is within ±30%
(0.7 < MG < 1.3 or |FB| < 0.3). A summary of the metrics, along with their ideal values and acceptance
criteria, is given in Table 2 below. These values are typically used for natural convection dispersion
work. The work presented here is of the forced convection type, however these values are widely
accepted and provide a suitable baseline for comparison.
Table 2. Model performance metrics summary

FB
NMSE
MG
VG

Ideal value
0
0
1
1

Acceptance criterion
±30%
<9
±30%
<4

Furthermore, gas dispersion studies are typically limited to recording the maximum concentration in
a given set of experiments, for which the performance metrics are evaluated from. The maximum
concentration is ususally the paramteter of interest, so this is deemed acceptable. However, in this
work, the experimental and modelled results are both spatially and temporally directly comparable.
This is due to the identical positioning of monitoring points (i.e. sensors in experiment) in both the
physical simulations and the CFD model and the ability of the sensors to take readings at frequencies
up to 20 Hz.

3. RESULTS AND DISCUSSION
3.1.

Comparison between experiment and CFD

A typical time evolution of spatially-averaged temperature within the container is shown for Test 3 in
Figure 3(a) and for Test 12 in Figure 3(b). The experimental temperature data (Texp) is shown by
dashed line and the solid line shows the CFD results (TCFD). Per Table 1, these tests were carried
out at the same gas leak rate with different fan speed and different cargo load.
(a) Test 3

(b) Test 12

Figure 3. Temperature plots for experiment and CFD for (a) Test 3 (60min leak, low fan speed,
empty container) and (b) Test 12 (60min leak, high fan speed, 38% loaded container)
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Ambient temperature was also different, as represented by different temperatures at the start of the
tests (t = 0). The temperature rise in the container during the test can be attributed to the energy
input from both the evaporater fans and CO 2 sensors. The results show that the experimentally
recorded values and CFD predicted values demonstrate satisfactory agreement, with a larger
temperature increase obtained in the test where the fans were operated at high speed, as expected.
These results indicate that the thermal boundary conditions are correctly established in the model.
Similar plots were produced for the other test cases and the same trends were apparent.
The time evolution of mean CO2 concentration for Test 5 is illustrated in Figure 4(a) and for Test 8
in Figure 4(b). The dashed line shows the spatially-averaged CO2 readings from experiment ( Cexp),
while the solid line shows CO2 predictions from the CFD model (CCFD). The tests show linear CO2
concentration increase due to constant leak flow rate with higher steady-state concentration evident
in Test 8 due to the presence of cargo. Concentration values for all test cases were plotted and
similar trends were obtained.
(a) Test 5

(b) Test 8

Figure 4. CO2 concentration plots from experiment and CFD for (a) Test 5 (15min leak, high fan
speed, empty container) and (b) Test 8 (15min leak, low fan speed, 38% loaded container)

3.2.

Model Performance Evaluation

Table 3 displays the statistical measures for the concentration for the entire duration of the tests at
all monitoring points. The values are very close to ideal values for all metrics, with all values inside
acceptance criteria given in Table 2 which indicates satisfactory overall agreement.
Table 3. Statistical measures for each test

Test No.
Ideal value:
1
2
3
4
5
6
7
8
9
10
11
12

Leak time
(min)
4
15
60
4
15
60
4
15
60
4
15
60

Flow
rate
(g/s)

Fan
speed
(m 3/s)

Cargo
(%)

7.08
1.89
0.47
7.08
1.89
0.47
7.08
1.89
0.47
7.08
1.89
0.47

0.55
0.55
0.55
1.12
1.12
1.12
0.55
0.55
0.55
1.12
1.12
1.12

0
0
0
0
0
0
38
38
38
38
38
38

FB

NMSE

MG

VG

0
0.0078
-0.0077
0.0550
-0.0404
-0.0186
-0.0457
-0.0228
-0.0557
-0.1338
-0.0117
0.0111
-0.0652

0
0.0018
0.0026
0.0025
0.0017
0.0005
0.0019
0.0041
0.0009
0.0007
0.0020
0.0033
0.0035

1
0.9808
1.0286
1.0346
0.9761
1.0068
1.0139
0.8942
0.9527
0.9848
0.9305
1.0195
1.0361

1
1.0291
1.0164
1.0141
1.0260
1.0202
1.0105
1.0760
1.0166
1.0082
1.0360
1.0068
1.0062
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According to FB, the model over-estimates the concentration for all tests except Tests 1, 3 and 11,
as indicated by positive values. In contrast, MG shows over-prediction for all tests with a leak time
of four minutes in addition to Tests 8 and 9. Due to the formulation of FB (see Equation 1), it is highly
influenced by infrequent large under- or over-predictions in the dataset, which is likely to affect
results. MG shows more consistencey in this case, with exception of Tests 8 and 9, which warrants
further investigation.
Furthermore, all four minute leak tests have highest scatter according to VG, with sixty minute leak
tests consistently having lowest scatter. Compared to NMSE, the trend in VG is more consistent,
which is similar to FB and MG comparison. If the model shows a mean bias but no random scatter,
the data point would be on the curve shown in Figure 5 (𝑙𝑛(𝑀𝐺)2 = 𝑙𝑛(𝑉𝐺)), which represents the
minimum possible value of VG corresponding to a particular MG (Kisa and Jelemensky, 2009). As
such, all points must lie above the curve. In addition, Figure 5 shows that all MG values are very
close to the ideal value of unity, with the worst performing model being for Test 7. However, all values
are well within acceptance criteria detailed in Table 2.

Figure 5. Geometric mean bias (MG) and geometric variance (VG) for all tests presented in Table 1

4. CONCLUSIONS
Regulations and legislation are forcing the phase-down of conventional high GWP refrigerants. Next
generation refrigerants, with sufficiently low GWP to satisfy these new laws and protocols have some
degree of flammability. For the transport refrigeration industry, this represents a challenge due to the
potential for flammable refrigerant leakages into the refrigerated compartment of the container,
where build up of flammable gas may result in hazardous cloud formation. This work sets out to
develop a methodology for creating an experimentally validated CFD model to allow simulation of
refrigerant leakages into a refrigerated transport container.
This paper advances the authors’ previous work on CFD model validation and verification by utilising
a series of model performance metrics, which have been widely used in the literature in gas
dispersion studies. These include fractional bias, normalised mean square error, geometric mean
bias and geometric variance. These metrics have the ability to quantify the accuracy of the model
and define model under- or over-prediction of gas concentration, along with scatter in the data. The
model performace study also allows the use of a pre-defined acceptance criteria to ensure a
rigourous model validation procedure.
Overall, the results presented here show that the CFD model correlates satisfactorily with
experimental data for the dispersion of a released gas in the container with evaporator fans in
operation. The results of this study are within the acceptance criteria for all test cases that have been
considered. This indicates that the model configuration is robust and accurate. In addition, the use
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of temperature data to further verify the model serves to show reliability in the modelling approach.
Thus, further modelling predictions can be used with a high degree of confidence.This approach will
be particularly beneficial for the next phase of this work, which entails modelling the dispersion of
the released gas for buoyancy driven and natural convection flows, when the evaporator fans are
powered off. This will be a much more challenging task given the difficulties expected to be
encountered in modelling natural convection.
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ABSTRACT
The environmental control systems (ECS) of commercial aircrafts are currently based on a
pneumatically driven air cycle. The achievable COP is significantly lower compared to a vapor
compression cycle. Furthermore, the usage of bleed air is critical due to new engines with high
bypass ratios and potential health risks to the passengers.
Therefore new approaches for ECS with a vapor compression cycle are investigated. The different
technology paths comprise pneumatically and electrically driven systems, as well as the utilization
of cabin exhaust air.
Seven novel ECS are compared to a reference system in respect of energy efficiency and total
additional fuel consumption. This investigation includes the design process and the calculation
models of the new ECS with detailed heat exchanger and turbo-machine models.
The results show a significant reduction in fuel consumption of the ECS to a minimum of 20% in
ground cases and 40% in flight cases compared to the reference system. The overall fuel
consumption of the aircraft can be decreased up to 1.8%.
Keywords: aircraft, environmental control system, vapor cycle, pneumatically driven, electrically
driven

1. INTRODUCTION
In most commercial aircrafts an open, 2-stage air cycle is utilized as environmental control system
(Conceição et al., 2007; Rossow et al., 2014). The basic process with the main components is
shown in figure 1.

(b) Circuit diagram
(a) Temperature-entropy diagram
Figure 1: Basic 3-wheel air cycle machine (bootstrap)
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The bleed air is compressed in the engine (states 1-2), then cooled in the first air to air heat
exchanger (states 2-3) and compressed further in the air compressor (states 3-4). Then the air
passes the second heat exchanger (states 4-5) and the water separation cycle, which is neglected
in the temperature-entropy diagram. The ram air is used to dissipate the heat from the ECS to the
environment. Before the bleed air exits the air cycle machine to the mixing unit it is expanded in the
air turbine to cabin pressure (states 5-6). Compressor, turbine and fan are located on the same
shaft in an integrated machine set inside the environmental control system. The changes of state in
the heat exchangers are almost isobaric with a certain pressure drop. The state changes in the
compressor and turbine are polytropic with certain isentropic efficiencies. However the air cycle
cannot achieve the same energy efficiency as the vapor compression cycle for the given boundary
conditions because the cooling and heating of the air is not isothermal. Additionally the fresh air
supply to the cabin must be provided by the bleed air, which has a defined temperature and
pressure in the associated operating case. Thus the possible control mechanisms are limited.
Excess power is usually handled by throttling the bleed air pressure. Furthermore new researches
show that the application of bleed air as fresh air supply to the cabin could cause health issues for
the passengers (Harrison and Ross, 2016). For this reason new concepts of environmental control
systems for future aircrafts based on a vapor compression cycle are investigated with the main
goal to increase the energy efficiency and hence decrease the fuel consumption caused by the
ECS. The resulting seven systems are simulated with a detailed process model. Turbo-machines
are integrated based on performance maps with all wheels on one shaft at the same rotation
speed. Heat exchangers are modelled on the basis of their geometry with division in different cells
for the evaporators and condensers. Finally the new systems are compared with the reference
system from figure 1. The boundary conditions with the operating map for the reference aircraft
Airbus A320 are shown in a previous paper (Golle et al., 2015). The main operating cases are
defined on ground (1: ISA+23, 2: ISA-38, 9: ISA), in cruise (3: ISA+23 failure case, 8: ISA+23, 12:
ISA-38, 13: ISA-38 failure case, 25: ISA) and during climb (11: ISA+38).

2. NEW CONCEPTS AND SYSTEMS
The main concept of this work is the application of the more efficient vapor cycle to partially or
completely replace the air cycle. Additionally the replacement of bleed air in an electrically driven
system can provide further benefits because of the better possibilities to control the turbomachines and mass flow of all main airflows. No throttling of air is necessary which results in less
energy dissipation. Finally the utilization of cabin exhaust air with an expansion turbine can
generate additional power for the environmental control system and hence reduce the power input
from the aircraft. In the next subsections the new systems are described for one pack. The ECS
usually consists of two identical machines in order to cover possible failure cases.
2.1.

Application of a vapor compression cycle

In pneumatically driven systems only one stage of the air cycle can be replaced because bleed air
is expanded in a turbine to generate the necessary power for the ECS. Therefore a vapor cycle is
used instead of a second bleed air compressor. In the evaporator the air can be cooled below the
ambient temperature, so that the cabin entrance conditions are identical to the reference system.
Furthermore the excess power of the system is used to drive an ambient air compressor, so that
the bleed air mass flow can be reduced, but the fresh air supply is equal. This results in an overall
decreased power and fuel consumption. In figure 2a the pneumatically driven environmental
control system with a vapor cycle (PN1) is shown. This system can be used in current commercial
aircrafts as retrofit. In electrically driven systems bleed air is completely replaced with ambient air
as fresh air supply. The system is driven by electric motors. The pressure level in the ECS can be
controlled precisely for every operating case. In ground cases excess water in the air needs to be
separated, thus a higher pressure than ambient conditions is preferred. In flight the pressure level
can be adjusted to cabin pressure, which offers additional reductions in power input. The
electrically driven vapor cycle machine with a 1-stage compression (EL1) is shown in figure 2b.
There is also a version with 2-stage compression (EL2). The two versions are calculated to
investigate the influence of the ambient conditions at different operating cases and the
performance maps of the ambient compressor. Earlier calculations indicate that the huge pressure
difference from ground to flight cases may not be covered with only one compressor. However the
final results demonstrate the possibility to use one compressor with variable inlet guide vanes.
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(b) Electrically driven (EL1)
(a) Pneumatically driven (PN1)
Figure 2: Environmental control systems based on a vapor cycle

2.2.

Utilization of cabin exhaust air

The same amount of air like the fresh air mass flow to the cabin also needs to be discharged in
order to comply with the mass balance of the cabin. In cruise and flight cases the exhaust air has a
higher pressure level than the ambience. In current aircrafts the air exits at the cabin discharge
valve, which controls the cabin pressure. However the pressure difference can be used to generate
additional power in the ECS before leaving the aircraft. The pneumatically and electrically driven
systems with utilization of cabin exhaust air (PNK1, ELK1) are shown in figure 3. The
pneumatically driven vapor cycle machines are split in three versions (PNK1 – PNK3). The first
version only uses bleed air as fresh air supply to the cabin, version 2 uses bleed air on ground and
ambient air in flight cases and version 3 only uses ambient air. The pneumatically driven systems
are quite complex with many turbo-machines in order to separate the different airflows and
pressure levels. The electrically driven system realizes a reduced power input in flight cases
especially for compressing the ambient air. Compared to the vapor cycle machine without
utilization of cabin exhaust air the electric motors can be designed smaller and lighter with less
power output.

(b) Electrically driven (ELK1)
(a) Pneumatically driven (PNK1)
Figure 3: Environmental control systems based on a vapor cycle with utilization of cabin exhaust air
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3. PROCESS, TURBO-MACHINE AND HEAT EXCHANGER MODELS
The development of the new systems consists of two major steps: design and recalculation. The
design calculations are aimed at the determination of the mass flow of e. g. the bleed, ambient,
ram and trim air with defined ⋅ values for the air to air heat exchangers, temperature profiles for
evaporators and condensers as well as fixed efficiencies and pressure ratios for all turbomachines. During the recalculation the mass flows are fixed and the turbo-machines are
implemented as performance maps and the heat exchangers as a geometry-based model. The
recalculation offers a detailed representation of the process. The operating cases of the turbomachines are determined with a performance map and the rotation speed is matched for all
machines on a shaft. The heat exchangers take different inlet conditions into consideration with the
help of a cell based model. The occurring heat exchange and pressure drop mechanisms are
calculated with varying correlations.
The process simulation is conducted with an own process model implemented in the programming
language Python. At first the environmental control systems are discretized to a finite number of
reference points, which is shown exemplary in figure 4 for system ELK1. Afterwards the stationary
thermodynamic states are calculated at the reference points in an iterative way.

Figure 4: Reference points of the electrically driven system with utilization of cabin exhaust air
(ELK1)

The operating points of the turbo-machines in the performance maps highly depend on the
entrance conditions. Especially the ambient air compressor must cover the different pressure
levels on ground and in flight. Therefor the process simulation must include the determination of
the operating points of the turbo-machines with the help of performance maps. Otherwise it is
possible that in certain operating cases the desired exit state cannot be reached. Preferably the
design of the turbo-machines and the process simulation should be combined in order to reduce
the needed design iterations. The descriptions of the map generation and interpolation as well as
rotation speed matching are shown in a previous paper (Golle et al., 2017). The example of a
compressor map for the system ELK1 with all operating points is shown in figure 5. The operating
cases on ground 1, 2 and 9 can be covered by an additional variable inlet guide vane (VIGV).
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Figure 5: Turbo-machine performance maps of compressor 2 in system ELK1

The detailed heat exchanger model is implemented in a modular way in Python. The model is
divided in two main parts: linking and discretizing of the network, solver. It can be used for various
heat exchanger types. In this work the following types are used: plate, fin-and-tube and plate-fin
heat exchanger. At first the heat exchanger is divided in cells, which are connected in a defined
way (linking and discretizing). This results in a network or directed graph. Every cell in the graph
can then be calculated with the solver. This also yields the outlet conditions. In each cell the heat,
mass and momentum balance must be applied. The heat flow between the two fluids is given by:
Eq. (1)

⋅

and
are the fluid temperatures of the fluids in K, the heat transfer area in m² and
where
the heat transmission coefficient in W/(m²K). The coefficient
depends on the heat transfer
and
as well as the thermal conductivity and the geometry of the
coefficients of both fluids
dividing wall. These coefficients are calculated with empirical or semi-empirical correlations by
different authors that are summarized in table 1.
Table 1. Heat transfer and pressure drop correlations

Transport mechanism

Heat transfer correlation

One phase inside tube

VDI, 2013

Two phase inside tube
(evaporation)
Two phase inside tube
(condensation)
One phase outside louvered
fins
One phase inside plate heat
exchanger with chevron
corrugation patterns
One phase inside plate-fin
heat exchanger with
rectangular offset strip fins

Pressure drop correlation
Glück, 1988 (with Prandtl and
Colebrook)

Shah, 2017

Friedel, 1979

Shah, 2016

Friedel, 1979

Park and Jacobi 2009

Park and Jacobi 2009

Martin, 1996

Martin, 1996

Manglik and Bergles, 1995

Manglik and Bergles, 1995
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4. COMPARISON
The comparison of all ECS is challenging because of the different factors that influence the
efficiency or rather fuel consumption. The main factors are bleed air mass flow, electrical power
input, ram and ambient air mass flow as well as the weight of the system. Bleed air and electrical
power consumption have a direct impact on the fuel consumption of the engines because they are
taken from respectively generated in the engine. The electric generator is attached to a shaft in the
engine. Ram and ambient airflow influence the drag coefficient of the aircraft and hence increase
the needed thrust the engines must provide. Similarly the weight of the ECS raises the required
aerodynamic lift and therefor also the thrust. In summary all factors can be reduced to additional
fuel consumption due to additional thrust. The weight of the ECS and secondary influences such
as the weight of bleed air pipes from the engine to the ECS, which are not needed in electrically
driven systems, cannot be covered in this work due to missing information from the aircraft (e. g.
the lift coefficient). Thus only the first three factors are calculated and used for the comparison of
the systems. The equations for calculating the additional fuel consumption are given in Scholz et
al., 2013 and Scholz, 2017. In figure 6 the absolute additional fuel consumption, which is caused
by the entire ECS, is shown. The values range from about 0.005 to 0.04 kg/s over the different
operating cases and systems. The electrically driven systems achieve the lowest fuel consumption
in every operating case. In the flight cases 3, 8, 11, 12, 13 and 25 the utilization of cabin exhaust
air yields a significant reduction of required power input. The pneumatically driven systems with
cabin exhaust air from PNK1 to PNK3 show an increase of fuel consumption according to the
amount of ambient air compression. System PNK3 only uses ambient air as fresh air supply.
However the system requires the most power input. In every operating cases the novel
environmental control systems offer a significant reduction of fuel consumption except systems
PNK1-PNK3 in operating case 11 (climb, ISA+23). Figure 7 represent the relative additional fuel
consumption of the new systems compared to the reference ECS of current commercial aircrafts.
The values range from 20 to 80% except in operating case 11 for the pneumatically driven systems
with utilization of cabin exhaust air. Regarding all operating cases the electrically driven systems
reach the lowest fuel consumption, with system ELK1 as the best environmental control system.
With an exemplary flight profile the reference system needs about 2.6 to 3.2% of the overall fuel
consumption of the aircraft. The pneumatically driven systems range from about 1.7 to 2.6%, and
the electrically driven systems from 0.8 to 1.6% (Scholz et al., 2013; Slingerland and Zandstra,
2007). This results in a considerable reduction of up to 1.8% of the entire fuel consumption of the
aircraft. For the A320 this means a decrease of up to 200kg of kerosene for a three hour flight.

Figure 6: Absolute additional fuel consumption caused by the ECS
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Figure 7: Relative additional fuel consumption caused by the ECS compared to the reference system

5. CONCLUSIONS
In this work two major concepts of new environmental control systems are discussed: application
of a vapor cycle machine and utilization of cabin exhaust air. A total of seven novel systems are
developed and calculated with a detailed process simulation. The comparison with the reference
system of current commercial aircrafts shows a significant reduction of the additional fuel
consumption caused by the environmental control system. The values range from 20% to 80% fuel
consumption compared to the reference system. This results in a decrease of up to 1.8% of the
overall fuel consumption of the aircraft for the electrically driven system with utilization of cabin
exhaust air (ELK1). System ELK1 reaches the highest efficiencies of all investigated ECS. The
weight of the new systems are not examined and neglected for the comparison. The application of
a vapor cycle machine in aircraft environmental control systems, either pneumatically or electrically
driven, offers a significant increase of the overall efficiency and hence a reduction of fuel
consumption. Especially the electrically driven systems show great benefits and could replace the
current ECS in future more electric aircrafts.

NOMENCLATURE
heat transmission coefficient (W×m–2×K–1)
corrected mass flow (kg×s–1)
specific entropy (J×kg–1×K–1)

heat transfer area (m²)
fuel mass flow (kg×s–1)
heat flow (W)
temperature (K)
heat transfer coefficient (W×m–2×K–1)
thermal conductivity (W×m–1×K–1)
temperature (°C)

Π

isentropic efficiency (-)
total pressure ratio (-)
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ABSTRACT
Results of extensive testing of HFC-134a and R40 (chloromethane) mixtures and their
reaction with aluminium are presented. The interaction of R40 with aluminium is of particular
interest as it can cause the formation of trimethyl aluminium, a pyrophoric chemical which
can place service technicians at risk.
Investigation of the chemical processes is provided along with a pacification process of a
system that has reacted after being contaminated with R40.
The reaction mechanism in in-service refrigeration systems is explored and the application of
laboratory observations is provided.
Results have shown that the reaction is difficult to trigger and it is likely that likely that 35% of
a standard charge size substituted by chloromethane is needed to consume all of the oil
and, in the absence of moisture, allow a pyrophoric reaction to take place. Pacification is
achieved using isopropyl alcohol which allows the system to be safely decommissioned by
technicians.
Keywords: Contamination, Container, R134a, R40.

1. INTRODUCTION
On the 27th April 2011, five people were seriously injured, two fatally, when the refrigeration
unit of an empty shipping container inexplicably exploded at the terminal in Cat Lai, Vietnam.
The following day a, second container exploded. This explosion luckily caused no injuries.
Both containers had been serviced some weeks before and then put on the stack, at the
time of the explosions they had been brought down to be set up and sent out for cargo.
Around the end of July 2011, a container was under repair in Oakland, US when
spontaneous ignition of the refrigerant gas was noticed during a release of the gas to the
atmosphere. The compressor was allowed to cool and the container isolated from the
electrical supply. Again the gas was released and observed to ignite, indicating an
organometallic compound.
Another compressor later exploded in Brazil in October 2011. At the time of the explosion,
the container was being serviced by an experienced technician on the third tier of a service
area; he was fatally injured. The explosion completely destroyed the crankcase of the
compressor, forcing it upwards and breaking the condenser coil in half. Debris was scattered
around the front of the container and actually inside the container as the bulkhead was
ruptured. A further explosion occurred in China, this container was again a 40’ refrigerated
container. The compressor exploded during a PTI again in October 2011 in Qingdao Great
Asia depot.
The common thread was that all these refrigerated containers at passed through Cat Lai at
around the same time as the explosions occurred there. As the container in Oakland had
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shown evidence of a pyrophoric compound, it was deduced that a counterfeit refrigerant had
been charged into the refrigeration units of the containers, probably methyl chloride (R40)
which reacted with aluminium to form trimethyl aluminium (TMA).
From the Oakland refrigerated container that had not exploded a sample was taken and
analysed by gas chromatography / mass spectrometry (GCMS). The gas samples were
found to contain was in addition to HFC-134a, methyl chloride, various hydrocarbons and
traces of tetramethylsilane.
An oil sample was also taken and shipped to the UK and tested using nuclear magnetic
resonance, (NMR) where TMA and other longer chained variants were was identified as
shown below.

Figure 1: NMR spectrum identifying TMA

2. METHYL CHLORIDE (R-40)
Methyl chloride, or “chloromethane”, ASHRAE classification R-40 is a clear, colourless gas,
formula CH3Cl. Methyl chloride is a chemical compound of the group of organic compounds
called haloalkanes. It has a faint, sweet odour that is noticeable only at levels that may be
toxic. It is heavier than air and extremely flammable. It is stored and shipped under pressure.
Clear, colourless gas
Flammable
Formula CH3Cl
Density 0.75g/ml
Vapour pressure 3800 torr at 22°C
Similar to HFC-134a
Ionisation 11.4 EV

Figure 2: Methyl Chloride properties

Methyl chloride was frequently used as a refrigerant up until around 30 years ago but no
longer, at least in the western world, due to its toxicity and flammability. It is, however, still
used in many other applications such as the production of silicone rubber and is widely
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available for purchase. If the temperature and pressure chart is studied it can be seen that it
could easily be used as a substitute refrigerant for HFC-134a.
HFC-134a / R-40 Temperatures and Pressures
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Figure 3: Pressure temperature relationship

If R-40 were to be used in a system containing aluminium, as modern refrigeration
compressors do, then it is possible that the aluminium would react with the R-40 to produce
an alkyl-aluminiums such as TMA. This reaction was reported by Walker and Wilson (1937).

3. TRIMETHYL ALUMINIUM
TMA exists as a dimer molecule with the formula Al 2(CH3)6 as the dative covalent bonds
formed are energetically favourable than an arrangement with two separate molecules.
Below are some plausible stoichiometric reactions and products formed in the refrigeration
system when methyl chloride is present.
6CH3Cl
(R-40)

+

4Al
aluminium

→

Al2 (CH3)6
+
trimethyl aluminium

2AlCl3
aluminium chloride

Trimethyl aluminium is a powerful reducing agent and reacts violently with the following:
oxidisers, alcohols, amines, amides, inorganic hydroxides, carbon dioxide, carbon
tetrachloride, halon, halogens and halogenated hydrocarbons, oxides of nitrogen or sulphur,
phenols, triethylborane, and many other substances.

Figure 4: Trimethyl aluminium properties

Trimethyl aluminium is a liquid at room temperature, melting at 15°C. It is a dimer and is
pyrophoric, combusting spontaneously with contact with air. The probable reaction is as
follows:
Al2 (CH3)6
+
trimethyl aluminium

24O2
air

→

AL2O3
+
aluminium oxide

6CO2
+
carbon dioxide
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The product of combustion in air is alumina, which is a white powder. Other reactions are
possible, as detailed above, notably the reaction with halogenated hydrocarbons, which are,
in fact, refrigerants such as HFC-134a.
3. PRESENCE OF METHYL CHLORIDE IN CONTAINER REFRIGERATION SYSTEMS
Around 1000 refrigerated containers were tested for the presence of R40 using a flame
halide test and gas chromatography. The findings, where the intended refrigerant was HFC
134a, approximate to the following:
Table 1. Contamination percentages

Failed Flame Test:
Passed Flame Test:
Containing > 99.5% HFC134a:
Max R-40 Found:

31%
69%
71%

Min R-40 Found:
Containing R-40:
Containing > 0.5% R40:

0.02%
15%
7%

59%

The point of interest was that many containers were contaminated with R40, some with
substantial concentrations and yet only a few reacted to form TMA. Because of this puzzling
anomaly an investigation as to the reaction dynamics was investigated to find out why this
should be.

4. LABORATORY INVESTIGATION
Test rigs (four) were constructed as shown below so as to determine what conditions are
required to enable the reaction of methyl chloride and aluminium to proceed. The test rig set
up is shown along with one rig with a piston to be inserted.

Figure 5: Test rig and setup

For each test, the test rig as shown was carefully cleaned and then a refrigeration machine
aluminium piston and conrod was placed inside. The rig was leak tested then evacuated and
charged with the particular gas/oil/chemical mixture as indicated. The test rig was then
placed on a hotplate in most instances at a steady 50°C within an insulated enclosure and
left to react in each case for 10 days. During that period the pressure and temperature was
monitored. At the end of the ten day period gas was sampled and analysed then the test rig
was carefully opened and any reactant products noted

5. RESULTS
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In total 75 tests were carried out. Preliminary tests were carried out using aluminium wire
further tests used aluminium refrigeration compressor pistons. Tests were carried out with
the reactants listed, the balance gas was HFC134a and the typical total refrigerant charge
was 200g on a hot plate at 50°C. The pertinent results are shown in the table 2 below:
Table 2. Test results
Test
ID
B

R40

Catalyst

Filter
drier
-

Oil

-

Dried
in oven
-

Metal

Comment

-

Water /
HCl
-

100%

Al Rods

No reaction

C

50%

-

-

-

1ml

-

Al Rods

No reaction

H

50%

AlCl3
0.25g

-

-

1ml

1ml Water

Al Rods

No reaction

1

100%

Iodine
0.25g

-

-

Trace

-

Al Rods

White smoke

2

100%

Iodine
0.25g
Iodine
0.25g

-

-

Trace

-

TMA/Combustion

-

-

Trace

-

NT40
Piston
NT40
Piston

7

10%

11

10%

Iodine
0.25g

-

-

2ml

-

NT40
Piston

No reaction

14

51%

Iodine
0.25g

-

-

2ml

-

NT40
Piston

Reaction

21

20%

Iodine
0.25g

-

-

1ml

HCl 0.5ml

NT40
Piston

No reaction

22

20%

Iodine
0.25g

-

-

1ml

Water
0.5ml

NT40
Piston

No reaction

23

100%

Iodine
0.25g

-

-

1ml

Water
0.5ml

NT40
Piston

No reaction

24

49%

-

-

1ml

40%

-

-

1ml

Water
0.5ml
Water
0.5ml

NT40
Piston
NT40
Piston

No reaction

25

Iodine
0.25g
Iodine
0.25g

26

29%

-

-

1ml

100%

-

-

1ml

Water
0.5ml
HCl 0.5ml

29

50%

-

-

1ml

HCl 0.5ml

NT40
Piston
NT40
Piston
NT40
Piston

No reaction

27

Iodine
0.25g
Iodine
0.25g
Iodine
0.25g

31

100%

-

-

-

-

100%

-

-

-

-

NT40
Piston
NT40
Piston

Strong reaction

32

Iodine
0.25g
Iodine
0.25g

36

100%

-

Yes

12g

-

-

NT40
Piston

Reaction

37

100%

AlCl3
0.25g

Yes

11g

-

-

NT40
Piston

Reaction

Foam/ slow burn

No reaction

No reaction
No reaction

No reaction
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38

50%

Iodine
0.25g
-

Yes

12g

-

-

NT40
Piston
MCI Al
Piston

Reaction

49

5%

Yes

12g

-

-

50

10%

Iodine
0.25g
-

Yes

12g

1ml

-

Reaction

1ml
methanol

NT40
Piston
NT40
Piston

52

50%

Yes

12g

1ml

54

50%

Iodine
0.25g

Yes

12g

1ml

10ml
methanol

NT40
Piston

Reaction

55

10%

Yes

61

50%

Iodine
0.25g
Iodine
0.25g

12g

50ml

-

Reaction

Yes

12g

200ml

-

NT40
Piston
NT40
Piston

63

70%

Iodine
0.25g

Yes

12g

200ml

-

NT40
Piston

Reaction/foam

65

20%

Iodine
0.25g

Yes

10g

200ml

-

NT40
Piston

Foam

67

35%

Iodine
0.25g

Yes

11g

200ml

-

NT40
Piston

Reaction/ foam

Reaction

Reaction

Foam

6. TYPICAL REACTIONS
Typical reactions were, no reaction, reaction forming a foam of polymerised oil, flames and
profuse white smoke.
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Figure 6: Exemplar reactions

It was found the Iodine aided reaction as it probably attacks the oxide layer making the
aluminium more reactive but was not essential as the reaction was found to be able to
proceed without it. When only methyl chloride was present, the pressure in the test rig
decreased as it was consumed.
For the reaction to occur the absence of water is perquisite, the presence of oil was found to
have a pacifying effect and is polymerised to foam. When all the oil is reacted free TMA is
formed which reacts pyrophorically when exposed to air.
6. PACIFICATION
Neutralisation of TMA is difficult as any exposure to air causes a pyrophoric reaction
similarly the reaction with water is energetic. In the laboratory TMA is typically pacified by
mixing with Hexane, though this chemical is considered unsuitable for relatively large scale
use.
An alternative is to use isopropyl alcohol; this compound is relatively inexpensive and reacts
slowly enough with TMA to avoid a fire though it is in its self a flammable compound
therefore considerable care is required. The reaction evolves methane:
Al2(CH3)6 (TMA) + 6 C3H8O (IPA) → 2 Al(C3H₇O)₃ + 6 CH₄ (Methane)
Injection of isopropyl alcohol was tested in the field on heavily contaminated units and was
successful in making them safe without any significant pyrophoric reaction, though again
care has to be taken to avoid any excessive pressures developing due to the evolution of
considerable quantities of methane. In some circumstance sodium bicarbonate was also
used as a blanketing reagent principally to neutralise the TMA formed in some of the
laboratory trials.
Al2(CH3)6 (0.95 litres TMA) + 6 C3H8O (2.27 litres IPA) → 2 Al(C3H₇O)₃ + 6 CH₄ (727.27 litres
Methane)
During the pacification process white smoke was also observed which could be reaction with
air producing aluminium oxide and also the isopropyl alcohol is not entirely pure and
contains traces of water which may also be contributory.

7. CONCLUSION
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Refrigerated container compressor explosions have previously been identified as a result of
refrigerant contaminated with methyl chloride. This paper has described how the reaction
between aluminium and methyl chloride was investigated and the subsequent reaction with
the oil.
In the field it has been found that some containers have substantial concentrations of methyl
chloride yet reaction rarely occurs. It was determined by laboratory testing that for the
reaction to proceed, there has to be an absence of water. Once the reaction starts it appears
to proceed until all the methyl chloride has been consumed. The formed TMA then goes on
to react with the lubricating oil and it was found that the oil can consume approximately 30%
of the equivalent refrigerant charge before free TMA forms in the compressor crankcase.
For heavily contaminated units that have reacted and have free TMA in the crankcase, a
method of pacification using isopropyl alcohol was tested in the field and found to be
effective and relatively safe provided sufficient care taken.
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ABSTRACT
Temperature control in marine container application is very important, especially in chilled mode and for
sensitive cargo like banana. Therefore, cargo owners specify tight temperature control requirements for
the reefers. The paper analyzes the temperature control of a reefer working in different operating modes
paying special attention to the differences in the temperature control depending how it is measured,
mainly number and technology of the sensors used. The results also show the value that the cargo
owner would see in the unit logs. The lack of a standard specifying the methodology to measure the
temperature, as there are in other applications, increases the uncertainty when comparing test results
among different laboratories. The results show that differences can be very large depending on the
instrumentation used, affecting not only to the temperature control but also to the energy consumption
and compressor cycles.
Keywords: Reefer, Temperature Control, Energy Consumption, Standards.

1. INTRODUCTION
Reefers are used for Marine container transportation where the cargo has to be shipped under a certain
controlled condition. These containers are specially designed for this kind of transportation and at the
end of the container (Fig. 1) a unit is installed to provide both cooling and heating. The cooling is provided
by means of a vapor compression system, and the heating mainly by electric heaters, although some
manufacturers also produce heat by using hot gas. During last years, solutions have been developed
even for controlling the CO2 and O2 inside the container in order to extend the life of the product by e.g.
delaying the ripening of the cargo.
The variety of cargo is enormous: meat, fish, vegetables, fruit and even flower bulbs. Regarding
temperature control, the cargo is basically classified in two kinds; frozen and chilled. Frozen usually
corresponds to meat or fish which is frozen below -10 °C, commonly at -21 °C, while chilled cargo is
usually vegetables and fruits, which are stored above -10 °C. The temperature to be specified in chilled
cargo depends completely on the product. The chilled cargo is usually quite sensitive to the temperature
and special attention has to be paid at the temperature distribution inside the container to avoid cargo
injuries and therefore expensive claims.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3681

Figure 1: Air flow path within container and unit

The correct temperature control means both uniform distribution and correct value, and if the cargo is
correctly loaded into the container, this is done by the reefer unit. To do so, is very important the correct
pallet stacking and location, while respecting the max. load indication to allow the air flow through the
boxes and returning to the unit. Fig. 1 shows the path that the air follows, how the air is supplied to the
special floor with channels (T-floor) which distributes the air along the container returning by the top of
the unit.
The reefer unit can only work with two variables to control the temperature and its distribution within the
container; temperature and air flow. During chilled mode, the unit is controlled to deliver the supply air
at the set point temperature, within a certain temperature control band. Most of customers request to
the manufacturers that this control band is ±0.25 K. Another way to monitor the cargo temperature is by
using USDA sensors configuration (USDA, 2019), which emphasizes more in the cargo temperature.
However these sensors are only for logging, since unit will not control based on them.
The fresh cargo is quite sensitive to the temperature variation, and the reason to control based on supply
air (Fig. 1) is to prevent the cargo close to the air supply suffers of chilling or freezing injury. The
temperature thresholds and the injury produced by either a temperature below or above the objective
value are well known and documented in the literature (ASHRAE, 2016; Strauch, 2008). In order to
minimize the existence of hot points within the container, the fans are usually running at high speed for
chilled cargo. There are commodities, e.g. banana, very sensitive to temperature variation and probably
±0.25K variation is close to the limit that they can withstand, however there are others than can withstand
larger temperature variations without any injury.
Nowadays CO2 emissions and energy consumption are very important factors, and minimization of them
can be done by optimizing the temperature control. If energy savings can be achieved by penalizing the
accuracy of the temperature control, it could be used in cargo which is currently over serviced because
is not so sensitive to temperature variations. This is the idea behind the different optimization software
implemented by the different manufacturers (Lukasse et al., 2011; Thogersen et al., 2013)
In summary, temperature control in marine containers is a key parameter, and the cargo owner’s
requests are quite demanding. The current standard 1496 part 2, which gives the basic specifications
and testing requirements for ISO series 1 thermal containers (ISO 1496-2, 2015), specifies tests for
evaluation of the performance of the unit. However there is no requirement on measuring and reporting
the temperature control variation during the performance tests. In the author’s point of view, many
technicians and inspectors analyze only the temperature logs, but most of the units among
manufacturers uses different temperature sensors technologies, like thermistor or resistance
temperature detectors (RTDs), with really have different time constants and will impact on the
temperature excursion shown in the temperature logs. So, the authors think that measuring and
reporting a parameter so important for the cargo should be required by the standards. Currently the ISO

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3682

1496-2 only specifies certain temperature variation restrictions for the heat leakage characterization (UA
of the container) test.
However, it is also important how temperature is measured when small temperature variations are
measured in a fluctuating flow. The temperature variations specified in ISO 1496-2 restrictions are for
the variations in the average of internal and external temperature sensors. The requirement is only on
the value not in the sensor technology or installation in the container. Some requirements restricts
temperature differences to 3 K, which is a relatively low. The current 1496-2 standard specifies
accurately the number and place of the sensors, but not the technology or installation as other standards
do when dealing with similar problems. ISO 15502, which establishes the testing conditions of
household refrigerators, specifies how the temperature sensors have to be installed. In fact specifies
that the temperature sensor is installed into a copper or brass cylinder, with a weight of 25 g ±5% and
a diameter of 15.2 mm. AHRI Standard 210/240 (2017) which is about Performance Rating of Unitary
Air-conditioning & Air-source Heat Pump Equipment, also specifies the temperature sensor technology
for some air flow measurements.
The main aim of the present paper is to show how the design of a unit and its performance change
depending on the maximum temperature excursion allowed in the set-point by using different sensor
technologies. The paper does not focusses in what is the right temperature variation for protecting the
cargo but how the conclusions can be different based on the temperature sensors, suggesting that
current standards should specify the sensors installation when testing such an important parameter.
The paper also tries to show that how each tenth of temperature degree in the control has impact in
energy consumption and how can be reduced if this temperature control is not really required.

Figure 2: Refrigeration system and instrumentation
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2. EXPERIMENTAL TEST BENCH
The unit used to evaluate the impact of the temperature control is a commercial one; Magnum + model
(Thermo King, 2019). The refrigeration system consists of a two-stage vapor compression cycle with
vapor injection and economizer. Fig. 2 shows the schematics. Both condenser and evaporator are fin
and tube coils, the economizer is a brazed plate heat exchanger, and both expansion valves are
thermostatic. The compressor is scroll technology and to meet the tight temperature control demand,
the capacity control is made by means of pulse width modulating (PWM) the compressor load, which
allows a huge capacity unloading with compressor loaded a few seconds.
The current unit controller modifies the capacity loading as a function on the conditions and how close
the controlled temperature is to the set point. When the set point is reached, the compressor keeps
running continuously with a uniform duty cycle and unloading ratio. Part of the scope of work is to
analyze situations with difference temperature control hysteresis, so for convenience a new control, just
for the purpose of this work, based on an on/off compressor state was used. So by cycling on/off at
same frequency and duty cycle as the current unit does, we can achieve same temperature hysteresis.
To do so, a temperature controller Omron E5AJ was used, which allows to set the temperature
hysteresis as an adjustable factor. This controller also accepts different temperature sensor
technologies.
All the tests analyzed in this work are in chilled conditions, specifically at 13 °C box temperature with 30
°C ambient temperature. During chilled mode, the commercial unit controls the temperature by means
of a RTD (PT1000) located at the supply air channel, as shown in Fig. 3, whose readings can be logged
by the unit controller. The PT1000 sheath is 60 mm length with a diameter of 6 mm. Two different sensor
technologies were used to control; a T-type thermocouple and an RTD (PT100) with a sheath of 100
mm length and 3 mm diameter, having a priori a smaller time constant than the original PT1000 sensor.
These sensors were all mounted at the same location as the original PT1000 sensor.

Figure 3: Position of temperature sensors within and outside the container (as per ISO 1496-2) and
additional thermocouples installed at supply and return of the unit
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In the refrigerant loop, the pressure at condenser, evaporator and economizer outlets are measured
with pressure transducers. The temperature at inlet and outlet of each component is measured within
the tube, in direct contact with the refrigerant, with PT100. The sensors locations are shown in Fig. 2.
The current of all electrical components (valves, fans, compressor…), power of the whole unit and
electric power of the heater placed inside the container are measured.

3. RESULTS
Fig. 4 shows the temperature readings during the test controlled by the TC with a control hysteresis of
±0.2 K. The figure shows the readings of the evaporator air outlet temperature (EAOT) measured with
the control thermocouple (EAOTTC) and with the PT100 used by the experimental controller (EAOTPT100),
which in this plot is not being used by the controller. It is also reported the average temperature of all
the 8 TCs (EAOTavg) positioned at the supply as described in Fig. 3. The figure also includes the unit
power, which clearly shows when the compressor switches on and off.
The comparison between the different sensors shows the largest temperature variation in EAOT avg. This
variation is much larger than in the rest of sensors. The lowest variation corresponds to the EAOTPT100.
It is important to take into account that when compressor is off, evaporator and condenser fans are still
running continuously.
It is interesting to realize the large temperature undershoot in the control. The undershot has a really
negative impact, since it is pushing the control to make the compressor work with much shorter periods
compared to what really would be required. The temperature undershoot can be seen how is opposite
to the thermal inertia of each sensor.
16

10000
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15

8000
14

13
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12
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4000

11

Power [W]

Temperature [°C]

7000

3000
10
2000
9

EAOT_TC [°C]

EAOT_PT100 [°C]

EAOT_avg [°C]

Unit Power [W]

1000

8

0
25

45

65

85

105

125

145

Time [s]
Fig 4 shows the temperature measurements for a tests which was controlled by the TC with ±0.2K
hysteresis
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Table 1 summarizes the results for both TC and PT100 as control sensors, controlling with both
hysteresis ±0.2 K and ±0.1 K. The row showing the ∆T in controller (PT1000) corresponds to the
temperature variation logged in the controller data, seen by the cargo owner and used to control the
temperature in the commercial unit.
All the measurements are showing more temperature variation than the baseline, but all of them,
excepting the PT100 with ±0.2 K hysteresis, are fulfilling the temperature control requirements of the
product, i.e. ±0.25K measured by the PT1000 of the unit.
Table 1. Temperature variations and cycling parameters with the tested control options

Baseline control
(PWM)

TC
(±0.2K)

TC
(±0.1K)

PT100
(±0.2K)

PT100
(±0.1K)

Sensor location

Supply

Supply

Supply

Supply

Supply

∆T in EAOTavg [K]

±0.25

±1.6

±1.3

±2.2

±1.8

∆T in controller (PT1000) [K]

±0

±0.2

±0.1

±0.35

±0.25

Cycling frequency [1/hour]

-

53

77

60

59

Compressor ON time [s]

-

6

3

7

5.5

If we now select those closer to the control requirement, we focus in the TC and PT100 with hysteresis
of ±0.2 K and ±0.1 K respectively. Therefore the PT100 needs half the hysteresis used by the TC to
produce the same temperature control for the unit logs. These two options clearly shows how important
is to modify the temperature control settings based on the technology sensor. Differences in temperature
are really small, but note that the cargo owner is requesting maximum variation of ±0.25K.
At the bottom of the table is also reported the compressor cycling frequency and the time that the
compressor is on. It is observed how sensitive the on time is to the hysteresis, in fact in case of the TC
increasing it just by ±0.1K, the on time increases to twice. Therefore it is noticeable that each tenth of
degree in the temperature control requirement could have strong impact in the compressor reliability
because of the higher number of cycles and much less on time. Special attention has to be paid to avoid
over servicing the temperature variation requirements.

4. CONCLUSIONS
Temperature control in marine reefers is a very important parameter for the cargo owners. Temperature
control requirements are very ambitious requesting usually maximum temperature excursion in the
control temperature of ±0.25 K. This requirement is usually checked with the unit logs.
The aim of the work is to show how the measurement of the temperature excursion is strongly affected
by the sensor technology, due to differences in their time constant. Main outcomes of the paper are:




The temperature variation that controller logs provide is lower than the measured by other
common sensor technologies used in laboratories.
The temperature variation when measured with thermocouples is larger than when measured
with RTDs
If same temperature control hysteresis is used regardless the temperature sensor technology, it
would impact negatively the temperature control or the compressor reliability because of cycling
more frequently unnecessarily
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Given the importance of the temperature control for protecting the cargo, the authors strongly suggest
that the current standard 1496-2 should address how to measure this parameter requesting a specific
tests and clearly specify the sensors technology and installation as other similar cited standards do.

NOMECLATURE
RTD

Resistance
temperature detector

Subscripts

UA

Container global
conductance (W K-1)

avg

Average of 8 TCs

PWM

Pulse width modulation

TC

Measured with TC

TC

Thermocouple

PT100

Measured with PT100

EAOT

Evaporator outlet
temperature (C)
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ABSTRACT
Traditionally, the shipping industry spends a considerable amount of money on pre-trip inspections
(PTIs) of refrigerated reefer containers. The objective of this work is to cut these expenses and to
improve the fault detection performance using online system monitoring. The presented approach
is based on advanced statistical methods and creates fingerprints for each container to determine
normal and faulty operation. The novelty is that a refrigeration unit simulation code has been
integrated tightly with the detection algorithm using one generalized model for all container types
running with either R134a or R404A as refrigerant. Measurements and simulation results are
eventually combined to assess the units’ performance and to trigger or to postpone maintenance
and repair actions. After 5 years of operation and millions of analyzed trips, the efficiency of the
reefer maintenance operations could be improved by over 40%.
Keywords: Automatic Operation, Container Ship, Modelling, R134a, R404a, Refrigerated
Container, Remote Monitoring, Ship.

1. INTRODUCTION
In the globalized economy, seaborne trade is directly related to economic growth. According to
(Hoffmann, et al. 2018), global seaborne trade volumes reached 10.7 billion tons in 2017 and the
past annual growth of approximately 4% is expected to continue for the next couple of years.
Containerized trade accounts for 17.1% of the total trade volume and exhibits a growth rate of over
6% per annum. Furthermore, container ships are estimated to carry about 75% of the value of
maritime transport (Svensson 2014). The fleet of refrigerated reefer containers is also growing and
global reefer sales are estimated to over 120,000 units per year. The total fleet of operational
reefer units is assumed to count over 1 million containers causing annual CO2 equivalent
emissions of over 4 million tons (Lukasse, Baerentz and Kramer-Cuppen 2011). Besides the
increasing environmental concerns and energy efficiency measures described earlier by
(Fitzgerald, et al. 2011), there is also a monetary incentive to improve reefer maintenance and
repair scheduling.
Considering the whole lifetime of a reefer container, the procurement cost is small when compared
to the costs associated with inspections, repairs and energy use (Sørensen 2015). Traditionally,
every reefer undergoes a pre-trip inspection (PTI) before it is booked for a journey to minimize the
risk of malfunctions while it is carrying temperature sensitive cargo. Data-driven fault detection can
replace these PTIs and improve the energy efficiency as well as the Quality of Service (QoS)
through early detection of faults and through failure mitigation, respectively. An automated
assessment of the reefer state also limits the impact of the varying quality of PTIs caused by
weather influences and variations in equipment quality and personnel qualifications around the
world. On top of that, the time that the unit has to stay onshore is reduced, which leads to a higher
utilization rate throughout the reefer fleet.
This work presents an approach that employs statistical methods to create fingerprints for each
container. Building upon a classical fault detection approach, the algorithm performance is
improved by coupling the data analysis with a simplified model of the refrigeration system. The
savings potential for an average reefer fleet is expected to be in the range of 60% to 70%.
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2. METHODOLOGY
2.1.

Reefer Container Hardware

A typical reefer container operates in the cargo temperature range from -30 °C to 30 °C and runs
with R134a or R404A. To maintain a certain temperature and to control the humidity levels, a
reefer consumes approximately 4 kW of electricity in chilled operation and more for frozen cargo
(Svensson 2014). The actual power consumption is not only governed by the cooling load, but is
also a function of the currently active heat rejection mode. Depending on the location of the
container, the condenser of the refrigeration unit can be cooled with air using a fan or with cooling
water. A standard reefer container typically costs less than US$ 20,000 and can be of either the
20 ft or 40 ft type. During their lifetime of approximately to 15 years, a reefer completes 3 to 4
journeys per year (Churchill 2015) resulting in a total of over 50 trips. Lately, specialized units that
use R744 or R513A as well as units that can provide cooling at -75 °C have received more and
more attention, but standard designs described above still account for the vast majority of the
reefer fleet in 2018.
This work describes a centralized fault detection solution that utilizes operational data to assess
the condition of the machinery. One of the first challenges for the container operators when
implementing a data-based fault detection system is to provide data recording and transmission
equipment. Retrofit solutions that can tap into the existing sensor infrastructure have to be
developed for all reefers in the fleet consisting of units from several manufacturers and a multitude
of container models. Modifications of the refrigeration unit itself should be avoided to reduce the
risk of introducing new sources of malfunctions and to maintain flexibility with regard to service
personnel and spare parts.
Furthermore, a communication strategy has to be designed and rolled out allowing all operating
units to report to a central database regardless of whether the container is located on a truck, at a
port or onboard a vessel. The sampling frequency used in the implemented system and the tests
presented below is limited to one reading per hour. This reduces the amount of data traffic and
allows the shipping company to implement caching measures related to satellite communication
and centralized data processing. Having a working monitoring system in place does not only
enable the fault detection system, but also comes with other benefits such as improved possibilities
for cargo monitoring and documentation of cold chain requirements.
2.2.

Refrigeration System Model

The calculation of reefer performance is carried out by means of a generalized model that can be
adapted to match the configurations of the different container models. Figure 1 shows a sketch of
the generalized model with highlighted state points for operation without hot gas bypass. Starting
at point 1 in the suction line, the refrigerant is compressed in the low pressure stage before it is
mixed with a bypass stream coming from point 19 yielding state point 3, which is located in the
admission pipe for the high pressure compressor. After the compression, the refrigerant passes the
condenser from state point 4 to state point 5 before it enters the receiver with the liquid outlet at
point 6. As the flow approaches the economizer that is located between point 7 and 8, it gets split
and stream 17 passes a valve before it runs through the economizer in a counter flow arrangement
from 18 to 19. After point 8, the liquid injection stream leaves the main refrigerant line and passes
a valve from point 15 to 16 before it is fed into the low pressure suction line between point 14 and
point 1. The main flow proceeds to state point 9 and runs through the internal heat exchanger
reaching point 10 before the pressure drops at the expansion valve yielding state 11. The
refrigerant runs through the evaporator that cools air circulated inside the reefer unit and additional
heat is added in the internal heat exchanger from state 12 to state 13. A suction pressure valve is
located between state 13 and 14 where the liquid injection line meets the main refrigerant flow.
The internal heat exchanger and the economizer are modelled using a temperature-based
counterflow efficiency model
𝑇A,out = 𝑇A,in − 𝜖HX ⋅ (𝑇A,in − 𝑇B,in )

Eq. (1)

that assumes that there is no phase change and that stream A has the lowest heat capacity flow
rate. An energy balance equation is used to determine the outlet temperature for stream B
Δ𝐻HX = 𝑚̇A ⋅ 𝑐𝑝,A ⋅ (𝑇A,in − 𝑇A,out ) = 𝑚B ⋅ 𝑐𝑝,B ⋅ (𝑇B,out − 𝑇B,in ).
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Figure 1: Cycle sketch of the generalized refrigeration unit model

The evaporator calculation assumes constant nominal heat transfer coefficients for the air side
αair,nom and for the refrigerant side αref,nom that are scaled using a moisture condensation
enhancement factor and the compressor capacity ratio rcomp, respectively. These figures are then
used to calculate the heat transfer using the number of transfer units (NTU) approach as follows
𝑈𝐴evap = ((𝛼air ⋅ 𝐴air ⋅ 𝜂fin )−1 + (𝛼ref ⋅ 𝐴ref )−1 )−1

Eq. (3)

NTU = 𝑈𝐴evap ⋅ (𝑚̇air ⋅ 𝑐air )−1

Eq. (4)

𝜖evap = (1 − e−NTU )

Eq. (5)

𝑄̇evap = 𝜖evap ⋅ 𝑚̇air ⋅ 𝑐air ⋅ (𝑇air − 𝑇evap )

Eq. (6)

with a fixed fin efficiency of ηfin of 85%. Another assumption used in Eq. (4) is that the air mass flow
rate can be estimated from
Eq. (7)

𝑚̇air = V̇air ⋅ 𝜌air ⋅ (1 + 𝑤air )−1

using the volumetric flow rate of air calculated from the evaporator fan speed. The condenser is not
modelled in detail, but a capacity ratio rcond is determined based on the nominal UA-value
𝑈𝐴cond = 𝑄̇cycle ⋅ (𝑇cond − 𝑇amb )

Eq. (8)

𝑟cond = 𝑈𝐴cond / 𝑈𝐴cond,nom

Eq. (9)

Efficiency Scaling Factor / -

to make sure that the condenser does not leave its specified operating regime. The compressors
are modelled using a fixed nominal isentropic efficiency for each container type and a scaling
function based on the pressure ratio, the compressor type and the refrigerant as shown in Figure 2.
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Figure 2: General compressor efficiency correction functions
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Pipes are regarded as ideal components without pressure drop or heat transfer and all mixing
processes are assumed to occur instantly and without any entropy generation. Valves are also
calculated as isenthalpic throttling devices without entropy generation.
The fluid properties for R134a and R404A are obtained from custom functions that were fitted to
reference data generated with REFPROP (Lemmon, Huber and McLinden 2010) based on the
work of (Tillner-Roth and Baehr 1994) and (E. Lemmon 2003), respectively. Explicit functions are
available for v(T,p) and h(T,p) and s(T,p) as well as for the corresponding saturation routines.
Explicit backwards formulation for T(h,p) and T(s,p) have also been generated to speed up the
calculations and to avoid the use of solvers to obtain fluid properties.
The calculation procedure starts by estimating the cargo temperature and the operating mode
based on previous measurements. For cooled cargo with a setpoint temperature above 5 °C, the
air-side outlet temperature of the evaporator is assumed to be equal to the setpoint temperature, to
avoid too low temperatures inside the reefer. For lower setpoint temperatures, the controller is
assumed to keep the air-side inlet temperature of the evaporator at the setpoint. At each analyzed
data point, the calculation model is called using the existing temperature measurements on the air
side of the evaporator and the condenser as well as the outdoor temperature as inputs. Mass and
energy balance equations are solved using Powell’s hybrid method (Powell 1970) to find a solution
that yields the compressor capacity, condensation temperature and evaporator cooling load.
2.3.

Fault Detection Algorithm

Classical fault detection is based on the creation of residuals that express a deviation from an
expected behavior (Blanke, et al. 2003). Residual generation exploits known relations between two
or more input variables. Due to the low number of existing sensors and the limited sampling
frequency, the simulation model described above was introduced to add more relations and to
increase the number of detection input variables. As also described in the patents (Jónsson,
Skovrup, et al. 2015) and (Jónsson, Granlund, et al. 2016), the output of the refrigeration model
allows the algorithm to exploit additional direct relations like the one of saturation temperature and
pressure, but also more complex cases like the interdependency of pressure ratio, compressor
efficiency and discharge temperature.
The actual fault detection can be summarized using the flow chart in Figure 3. The three upper
boxes with the darker background represent the hardware of the refrigerated container. The input
values like the temperature setpoint and the latest sensor readings are processed by the reefer
controller that generates the control signals for the refrigeration unit and other auxiliary equipment.
Based on these inputs, the plant provides cooling while the sensors provide data for the next
update of the control signals. Each of the functional units can be prone to malfunctions.
The arrows on Figure 3 illustrate the flow of information and the dashed lines indicate that not all
sensor data and controller signals are fed to the simulation model, while controller and simulation
share all general inputs like the setpoints for temperature and air exchange. The output of the
simulation model is processed together with the sensor readings to generate the residuals x. In
many cases, the residuals are calculated based on differences between modeled and measured
performance figures. Afterwards, these values are processed by a change detection block that
uses reference data for normal operation and reference values for known malfunctions as
additional inputs. The statistical model focusses on the distribution of the residual values
employing an estimated probability density function L for normal and faulty operation. The
logarithm of the likelihood ratio is then accumulated over a certain period of time from t1 to t2 to
obtain a fault indicator called the decision function
𝑡

2
𝐷 = ∑𝑖=𝑡
ln
1

𝐿fault (𝑥(𝑖))
𝐿normal (𝑥(𝑖))

Eq. (10)

for each of the defined residual functions indicating a change in the mean values. The decision
function values are eventually compared to threshold values for fault detection to trigger alarms or
warnings. If possible, a final fault isolation and identification step is carried out to provide more
meaningful alarm messages.
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Figure 3: Fault detection algorithm structure

2.4.

Tests and Fault Example

The fault detection and simulation performance has been tested with a selection of reference
cases. For all cases, the reefer ran for a certain amount of time with a fixed setpoint before
malfunctions were introduced in a controlled and reproducible manner. The data presented in this
work were recorded in January 2012 in Denmark using a Carrier T-340 PrimeLine reefer in normal
operation from the 25th 12:45 to the 27th 07:15 and with reduced air flow thorugh the evaporator
from the 27th 08:45 to the 30th 11:15. The average outdoor temperature was approximately 0 °C
and a heat source running with an average output of 1 kW was placed inside the reefer to simulate
the heat load resulting from 25 °C ambient temperature. A similar approach was used at the
condenser, where an insulated room was built around the controller and the heat rejection unit to
maintain a temperature of 25 °C. The setpoint temperature for the refrigeration unit was 2 °C. The
residual functions presented below are defined based on the air-side temperature difference at the
evaporator and the discharge pressure, respectively:
𝑥evap = (𝑇meas,in − 𝑇meas,out ) − (𝑇simu,in − 𝑇simu,out )

Eq. (11)

𝑥disc = 𝑝meas,disc − 𝑝simu,disc

Eq. (12)
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3. RESULTS AND DISCUSSION

Pressure / bar

The measurements presented in Figure 4 show the discharge pressure and the suction pressure
from the reefer as solid lines and the modelling results as dotted lines. The measured data change
in as soon as the fault is introduced and both the discharge pressure and the suction pressure are
affected. The reduced heat exchanger performance causes a slight decrease in suction pressure
and an increase in discharge pressure. The modelled data is very stable throughout the whole
tests and no change can be seen after the fault was introduced. However, Figure 4 also
documents that there is a difference between the modelled pressures and the measurements. The
performance of the heat exchangers is overestimated on the cold and on the warm side of the
refrigeration unit. The simulated evaporator pressure and evaporation temperature are
approximately 1.5 bar higher than the recorded test data and the discharge pressure and the
condensation temperature are about 0.5 bar lower for the simulation results compared to the
measured data.
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7.00
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Discharge, measured
Suction, measured
Discharge, model
Suction, model

Figure 4: Pressure history for normal and faulty operation

In accordance with Figure 3, the measured air temperatures and pressures are converted to
residual functions employing Eq. (11) and Eq. (12) provided above. Both residuals are included in
Figure 5 and it shall be noted that are shown in arbitrary units (a.u.). Both residual functions
increase after the fault has been introduced and the change in the evaporator residual value is
more pronounced than in the discharge pressure residual. The mean value of the evaporator
residual increases by 0.6 from -1.1 to -0.5 when the evaporator malfunction commences while the
mean discharge pressure residual only increases by 0.3 from 0.5 to 0.8.
Residual Function / a.u.

1.50
1.00
0.50
0.00
-0.50

Evaporator Residual
Discharge Pressure Residual

-1.00
-1.50

Figure 5: Calculated residual function for evaporator and discharge pressure

The reference distributions used for the evaporator and the discharge pressure residual functions
are shown as line graphs in Figure 6 with the solid line representing the fit for normal operation and
the dashed line indicating the fit for faulty operation. The bar graphs in Figure 6 indicate the
normalized observation frequency for the period of normal operation and for the data recorded with
reduced evaporator air flow. The bar graphs are normalized based on the total number of
observations for each of the test series and are also shown in arbitrary units “a.u.“.
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Figure 6: Distribution of residual function values

The next data processing step uses the distributions presented above to calculate the logarithmic
likelihood ratio with Eq. (10). Starting at a zero value, the decision function evolves as the
calculation results for each data point are added resulting in the data series shown in Figure 7.
Decision Function / a.u.
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-250.00
-500.00

Figure 7: Decision function calculated based on residual data

For residuals that are more likely to belong to the fit for the normal operation, the ratio becomes
less than unity yielding a negative value for the logarithm causing a decent of the decision function.
If the likelihood ratio is reversed and the residuals at the point of investigation are more likely to
belong to the fitted distribution of the faulty operation, the decision function value increases as
values that are larger than zero are added continuously.
For the final implementation of the detection system, threshold values are used to trigger alarms
and warnings based on the values of the decision functions. In many cases the decision function is
limited to values larger or equal to zero.

4. CONCLUSIONS
After over 5 years of operation and millions of analyzed trips, it can be documented that a system
built upon the principles introduced above is able to detect malfunctions reliably increasing the
efficiency of the reefer maintenance operations by over 40%. The presented approach was able to
detect reefer faults using residual functions based on measured data and simulation results.
Introducing reference distributions expressing normal and faulty operation made it possible to
employ simplified component models by removing the need for accurately modelling results.
However, the creation of reference distributions requires experimental data for faulty operation,
which could be considered a weakness of the methodology.
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NOMENCLATURE
A
c
D
H
h
L
m
ṁ
p
Q̇
r
s

2

area (m )
specific heat capacity (J kg-1 K-1)
decision function (-)
enthalpy (J)
specific enthalpy (J kg-1)
likelihood value (-)
mass (kg)
mass flow rate (kg s-1)
pressure (Pa)
heat flow rate (W)
ratio (-)
specific entropy (J kg-1 K-1)

T
t
U
v
V̇
w
x
α
ϵ
η
ρ

temperature (K)
time (s)
total heat transfer (J m-2 K-1)
specific volume (m3 kg-1)
volumetric flow rate (m3 s-1)
humidity ratio (kgH2O kgair-1)
residual value (a.u.)
heat transfer coefficient (J m-2 K-1)
heat exchanger efficiency (-)
compressor or fin efficiency (-)
density (kg m-3)
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ABSTRACT
The thermal load of a refrigerated truck is affected by both the external environment and the
operating conditions. In order to predict the effects of the loads on the trend of the cooling demand,
the insulated box thermal capacity has to be included into the model, in addition to its average
conductivity. The paper uses a validated unsteady numerical simulation of a refrigerated truck
insulated body to simulate a short distance delivery missions under different reference climates. The
results allow to critically discuss the impact of the cooling unit sizing on the overall performance in
terms of food security and energetic efficiency.
Keywords: Refrigeration, Road Transport, Dynamic Simulation, COP, Energy Consumption, Energy
Efficiency.

1. INTRODUCTION
Lifestyle changes over the past decades led to increasing consumption of fresh and frozen foods,
which are easier and quicker to prepare than the traditional types of food. In order to ensure product
quality and safety, refrigeration systems are widely used in modern society to transfer thermal energy
from one physical location to another. The refrigeration system of a refrigerated truck is one example.
As an essential link in the cold chain, refrigerated transport has widely developed and strongly
contributed to the cold chain supply in the last 70 years. In 2010, an estimation of around 4 million
refrigerated vehicles in service worldwide, including vans (40%), trucks (30%), semi-trailers or
trailers (30%) was reported, forecasting by 2030 a growth by 2.5% a year of global road freight
transport (UNEP, 2010). A more recent document by Eurostat in 2017 reported that the total number
of refrigerated vehicles in Europe was superior to 4 million at the end of 2016, with an increase of
1.6% respect to the previous year.
In a typical refrigerated transport system operation, the refrigeration unit interacts with the truck cargo
space and regulates its temperature to a certain set-point, depending on the type of transported
goods. By far, the most common temperature control in the refrigerated transport having a cooling
unit based on a vapor compression cycle is a simple on-off feedback controller with hysteresis
(James et al., 2006), where the compressor on or off control action is driven by the difference
between measured cargo space temperature and set-point temperature.
After all, the maintenance of an optimal product temperature should be assured from production to
consumption. The postproduction handling chain (perishable freights distribution and delivery) is one
of the weakest links in the cold chain, especially in short or medium distance delivery runs where the
chilled or frozen products can be subjected to many doors opening, with relevant heat loads directly
related to infiltration air (James et al., 2006; Pereira et al., 2010). Frequent door openings can also
lead to increased evaporator frosting, resulting in a reduction of the evaporator’s performance and
an increase in the need for defrosts, particularly in humid weather conditions (Estrada-Flores et al.,
2006).
The performance of the small refrigeration units can be significantly reduced by the absence of a
proper control of the cooling capacity, which is often driven by the power available at the vehicle
engine. This is the case of the refrigeration units of small trucks, where the compressor is powered
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by the vehicle’s internal combustion engine. As a result, there are substantial difficulties in
maintaining the optimal temperature of refrigerated products and proper cycling, especially when
multi-drop deliveries to retail stores and caterers are considered (James et al., 2006). In this case,
in fact, the cooling demand presents strong fluctuations due to the repetition of pull-down periods,
associated to the door openings, and the driving time.
The present paper discusses the performance of a simple compression refrigeration cycle, when
coupled to a small refrigerated truck employed in a daily delivery mission. A dynamic numerical
model of the refrigerated box is coupled with the performance maps of the refrigeration unit and an
ON-OFF control system.
Simulations are carried out for two different climates (Athens and Strasbourg), representative of
European mild and hot areas, and for different sizing of the cooling unit. Results allowed highlighting
the limits of the fixed capacity units.

2. NUMERICAL MODEL DESCRIPTION
2.1.

Refrigerated Cargo Space Model

In the present study, the insulated body of a refrigerated van with an internal air volume of 9.75 m3
is considered, built according to current technology. The walls of the insulated body consist of a
polyurethane foam sandwiched between two thin fiberglass-based layers, reinforced with wooden
and metallic structural components in order to obtain the desired sturdiness. The floor includes an
additional layer of plywood plate, necessary to meet the requested mechanical resistance. The main
external dimensions of the insulated body are reported in Table 1.
Table 1- External dimensions of the insulated body of the refrigerated van

Height [m]

2.00

Length [m]

3.00

Width [m]

2.00

Surface [m2]

32.0

A lumped capacitance zero dimensions transient method is used to model the insulated box, solving
the node temperature as a function of time. The full description and validation of the model has been
extensively presented in Artuso et al., 2018. Thus, for sake of brevity, this section reports only the
main features of the models.

Figure 1: Numerical model of the refrigerated vehicle

The system composed by the insulated body walls, internal air, perishable goods inside of the box,
was modelled as a 0-D model defined by a series of resistances and capacities, as reported in Fig.
1.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3697

𝐶𝑖
𝐶𝑗

𝑑𝑇𝑗
𝑑𝑡

=𝑅

1

𝑗+1

𝑑𝑇𝑖
𝑑𝑡

= −𝑄̇𝑐 + 𝑄̇ℎ + α𝑖 Si (𝑇𝑖𝑠 − 𝑇𝑖 ) + α𝑖𝑚 S𝑖𝑚 (𝑇𝑖𝑚 − 𝑇𝑖 ) + 𝑄̇𝑖𝑛𝑓
1

(𝑇𝑗+1 − 𝑇𝑗 ) + R (𝑇𝑗−1 − 𝑇𝑗 ) , 𝑗 = 1 … 10; with 𝑇0 = 𝑇𝑖𝑠 and 𝑇11 = 𝑇𝑒𝑠
j

𝐶𝑒𝑠

𝑑𝑇𝑒𝑠
𝑑𝑡

1
= R (𝑇𝑒𝑠 − 𝑇10 ) + α𝑒 𝑆𝑒 (𝑇𝑎𝑚𝑏 − 𝑇𝑒𝑠 ) + 𝑄̇𝑟𝑎𝑑
11

𝐶𝑖𝑚

𝑑𝑇𝑖𝑚
𝑑𝑡

Eq. (1)
Eq. (2)
Eq. (3)
Eq. (4)

= 𝛼𝑖𝑚 𝑆𝑖𝑚 (𝑇𝑖 − 𝑇𝑖𝑚 )

Eq.s (1-4) describe the transient heat balance of the numerical model of the insulated body which
provide the mean temperature of the system’s components. The internal air temperature is obtained
by the transient thermal balance in eq. (1), composed by the algebraic sum of heat flow provided by
the cooling unit, 𝑄̇𝑐 , convective heat flow between the internal air and the internal walls, 𝛼𝑖 𝑆𝑖 (𝑇𝑖𝑠 −
𝑇𝑖 ), convective heat flow between the internal air and the perishable goods located inside the cargo
space during the mission and infiltration heat flux, 𝑄̇𝑖𝑛𝑓 , given by the leakage of outside air into the
insulated body during the opening of the vehicle’s doors or due to the imperfect seal of the doors
during operation.
Preliminary studies, demonstrated that the use of 12 capacities (C0,…,C11) and 11 resistances
(R1,….,R10) were enough to reproduce the experimental response of the box. Eq. (2) describes the
insulated box walls model as T0 and T11 represent the internal and external mean surface
temperature. Eq. (3) instead, express the unsteady heat balance at the external surface of the
refrigerated van, given by the conductive heat flux, (𝑇𝑒𝑠 − 𝑇10 )/𝑅11, the convective heat flow,
𝛼𝑒 𝑆𝑒 (𝑇𝑎𝑚𝑏 − 𝑇𝑒𝑠 ) and the net solar radiation insisting on the external surface, 𝑄̇𝑟𝑎𝑑 . In eq. (4), the
heat balance of the perishable cargo inside the insulated body is provided.
The values of the thermal capacities 𝐶𝑖 and thermal resistances 𝑅𝑤 have been defined by best fit of
experimental data.
2.2.

Refrigeration System Model

The cooling unit is modelled after a basic R-134a vapour compression system with a nominal cooling
power of 2000 W, at the reference condition of 𝑇𝑖 = 0 and 𝑇𝑎𝑚𝑏 = 30°𝐶, modulating the cooling
capacity provided to the cargo space 𝑄̇𝑐 by turning ON and OFF the compressor. The ON/OFF
controller is implemented by means of a simple thermostat with 2°C hysteresis.

(a)

(b)

Figure 2: Cooling unit performance: (a) full load COP; (b) cooling capacity

The refrigeration unit performances were obtained using an in-house developed simulation tool
(Artuso, 2019). The performance maps, reported in Fig. 2, were then implemented in the truck model
by means of interpolation tables. Interpolation was based on the internal air mean temperature 𝑇𝑖
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and the external environment temperature 𝑇𝑎𝑚𝑏 resulting in the refrigerating capacity 𝑄̇𝑐 and the full
load coefficient of performance 𝐶𝑂𝑃.𝐹𝐿 .
In order to account for the reduction of the performance associated with ON/OFF cycles, a
degradation factor was included in the model. The degradation factor 𝐶𝑑 is assumed equal to 0.25,
in accordance with UNI-EN-14825[2012], while the capacity ratio 𝐶𝑅 is assumed equal to the mean
duty cycle during operation. The resulting coefficient of performance at partial load is then obtained
as:
Eq. (5)

𝐶𝑂𝑃𝑃𝐿 = 𝐶𝑂𝑃𝐹𝐿 (1 − 𝐶𝑑 ∙ (1 − 𝐶𝑅 ))
2.3.

Delivery Mission

This paper studies the simulation of a local distribution activity. The mission starts with the precooling activity of the insulated body, as common practice in the industry, when the cooling unit is
kept on with the doors closed and the internal air is pulled down to the set-point temperature,
reaching a steady state condition while the refrigerated vehicle is kept still under the fluctuating
ambient conditions. After two-hours of pull down, the cooling unit is switched off and the loading
operation takes place: the perishable cargo is loaded inside the insulated body, while the refrigerated
cargo with the doors completely open is kept in contact with a controlled environment at 𝑇𝑎𝑚𝑏 =
𝑇𝑖𝑠𝑒𝑡 = 4°𝐶 and the perishable cargo is already at the set-point temperature when is loaded.
Standard profiles ECE and EUDC are then used to construct the delivery mission profile. Five EUDC
cycle, corresponding to a 30 km drive, are used to simulate the rural drive condition between the
logistic facilities to the city. Then the urban drive condition is defined as 5 ECE cycle, corresponding
to 5 km in 15 minutes with frequent stops. The urban drive is repeated 6 times before a new rural
cycle is performed. Between each urban cycle, a stop of 5 min is considered, where the doors are
opened to the ambient for 4 minutes, and part of the refrigerated cargo is unloaded. This mission in
then repeated during the afternoon.
In this delivery mission, a total of 400 kg of meat products are distributed evenly during the 12
deliveries.
The mission stages are reported in Table 2.
Start Time
(h.mm)
6.00 AM
8.00 AM
9.00 AM
9.30 AM

11.30 AM
11.45 AM
12.15 PM
2.00 PM
2.30 PM

4.30 PM
4.45 PM
5.15 PM
TOTAL:

Table 2 Mission structure

Duration
(h.mm)
2.00
1.00
0.30
2.00
0.17
0.01
0.04
0.15
0.30
1.45
0.30
2.00
0.17
0.01
0.04
0.15
0.30
11.15

Activity
Pull Down
Loading
Rural Drive
6 Delivery Cycles:
- Urban Drive
- Stop
- Delivery
Urban Drive
Rural Drive
Stop
Rural Drive
6 Delivery Cycles:
- Urban Drive
- Stop
- Delivery
Urban Drive
Rural Drive
Stop

Travel distance
(km)
30
5
5
30
30
5
5
30
190
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3. NUMERICAL RESULTS
The numerical model was run to evaluate the average performance of the cooling unit, assuming
different climates and different refrigeration unit size. Athens and Strasburg were identified as
reference for hot and temperate climate, so to assess the impact of the ambient data on the results.
First the response of the vehicle to the mission, in terms of temperature and loads using the expected
capacity of the group 𝑄̇𝑐 = 2000 W. Then, the refrigeration unit size is be discussed in terms of daily
consumption and overall performance.
3.1.

Mission Results

The internal average temperature for each part of the delivery mission is reported in Fig. 3, as well
as the goods temperature and the ambient temperature. Ambient data are referred to the 15 th of
August of the standard year (EnergyPlus).

(a)

(b)

Figure 3: Temperature trend for the month of August: a) Strasburg; b) Athens

(a)

(b)

Figure 4: Coefficient of performance and duty cycle: a) Strasburg; b) Athens

As expected, the average internal temperature is close to set point of 4°C during transport and the
long stop at noon, when the doors are kept closed. On the contrary, during the delivery phase the
average internal temperature increases, as the result of the hot ambient air entering the refrigerated
box during the door opening. The increase after each stop does not represent in this case a
cumulative effect, as the cooling unit can efficiently remove the heat from the air, but is caused by
the increase in temperature of the infiltrating air, which reach its maximum in the late afternoon.
On the contrary, the transported goods show a clear cumulative effect associated to the doors
opening. The goods temperature increases steeply during each door opening, due to the high
temperature difference with the infiltrating air, which promote the exchange. On the contrary, due to
the relatively small temperature difference 𝑇𝑖𝑚 − 𝑇𝑖 , the removal of the infiltrated heat from the goods
is slow, as clearly shown by the small gradient of 𝑇𝑖𝑚 between 12:00 PM and 13:00 AM, when the
doors are kept closed.
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Figure 4 reports the refrigeration unit performances for each part of the missions. Each graph reports
the duty cycle, the full load and partial load coefficient of performance 𝐶𝑂𝑃𝐹𝐿 and 𝐶𝑂𝑃𝑃𝐿 respectively.
When the full load performances are compared, the temperate climate in Strasburg allows obtaining
significant higher 𝐶𝑂𝑃𝐹𝐿 than in Athens. However, when the performance degradation ascribed to
cycling is considered (eq. 5); the Strasburg data series present a marginal improvement only in the
first hours of the morning. In fact, the lower cooling demand in Strasburg directly reduces the unit
Duty Cycle, which is furthermore reduced by the increase of the capacity lead by the lower external
ambient temperature.
3.2.

Comparison between Cooling Capacities

As results of these observations, the ideal size of the refrigeration unit to complete the chosen
mission is subject to antithetical requests. On one side, the unit capacity should be large enough to
pull-down promptly the box temperature when the doors are closed, to reduce the temperature
increase of the transported goods. On the other side, high capacities lead to small duty cycles thus
reducing the actual energy performance.
In order to discuss the optimum cooling capacity, the ATP limit capacity 𝑄̇𝑐 𝑚𝑖𝑛 is considered, where:
𝑄̇𝑐 𝑚𝑖𝑛 = 1.75 ∗ 𝐾𝑛𝑜𝑚 𝑆 Δ𝑇𝑛𝑜𝑚

Eq. (6)

with 𝐾𝑛𝑜𝑚 = 0.7 for refrigerated goods, 𝑆 the average box surface and Δ𝑇𝑛𝑜𝑚 = 30 K. This value was
then used as the reference to define the capacity ratio 𝑟 = 𝑄̇𝑐 /𝑄̇𝑐 𝑚𝑖𝑛 . For the considered test case,
𝑄̇𝑐 𝑚𝑖𝑛 = 1100 W.
Simulation were then run with 𝑟 ∈ [0.6 . . 5.1], for the 15th of March, the 15th of June and the 15th of
August, for both the reference locations. Fig. 5 report the daily average of 𝐶𝑂𝑃𝑃𝐿 against the time for
+
which 𝑇𝑖 > 𝑇𝑠𝑒𝑡
.
As expected, the increase of the group capacity decreases both the average efficiency and the
exposure of the goods to high temperature. The sensitivity to the capacity ratio increase as the
average temperature increases. The exposure time of the goods to high temperature decreases by
increasing of the capacity ratio, but it can’t be reduced to zero, as it is bounded by the opening time
(a total of 48 minutes in this mission) and the ambient condition which rules the air infiltration when
doors are open.
The data presented in Fig. 5 justify the choice of installing a 2000 W capacity unit (𝑟 = 1.8) for the
considered case, as an acceptable compromise between food safety and energy consumption.
Further increase in the cooling capacity, in fact, has a marginal impact on the exposure time while
decreasing the actual coefficient of performance.
In order to fulfil the two objective (quick pull-down and high efficiency), simulation were run assuming
a step modulating unit, with a minimum capacity equal to 𝑄̇𝑐 𝑚𝑖𝑛 , and a maximum capacity equal to
𝑟 𝑄̇𝑐 𝑚𝑖𝑛 . A simple logic was implemented on the ON/OFF unit controller, using the highest capacity
during the pull-down phases and the lowest when the temperature is inside the thermostat limits:
+
𝑄̇𝑐 = 𝑟 𝑄̇𝑐 𝑚𝑖𝑛 when 𝑇𝑖 > 𝑇𝑠𝑒𝑡

Eq. (7)

+
−
𝑄̇𝑐 = 𝑄̇𝑐 𝑚𝑖𝑛 when 𝑇𝑖 ∈ [𝑇𝑠𝑒𝑡
, 𝑇𝑠𝑒𝑡
]

Eq. (8)

Results of this different control logic can be observed in Fig. 6. The use of lower capacity when the
temperature is between the thermostat hysteresis bounds allows increasing the average Duty Cycle
during the mission, thus reducing the performance degradation due to partial loads (eq. 5).
Implementing this step control reduces the sensitivity of the average 𝐶𝑂𝑃𝑃𝐿 to the capacity, when
compared to the results in Fig. 5.
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Figure 5: Performance comparison between capacities ratios:  𝒓 = 𝟎. 𝟔;  𝒓 = 𝟎. 𝟕; 𝒓 = 𝟏. 𝟎; 𝒓 =
𝟏. 𝟖; 𝒓 = 𝟓. 𝟏

Figure 6: Performance comparison between capacities ratios:  𝒓 = 𝟎. 𝟔;  𝒓 = 𝟎. 𝟕; 𝒓 = 𝟏. 𝟎; 𝒓 =
𝟏. 𝟖; 𝒓 = 𝟓. 𝟏

4. CONCLUSIONS
This paper presents the numerical simulation of a refrigerated truck insulated body during a short
distance delivery mission. Simulations are conducted for different climates and cooling capacities.
Despite the simplicity of the model employed, results allow to discuss the impact of the cooling unit
sizing on the overall performance, in terms of food security and energetic efficiency. While high
capacities are needed to effectively pull down the temperature after each door opening, the low duty
cycle of these units during the driving time can significantly reduce the overall performance of the
system. The use of a step modulation of the unit capacity can positively affect the overall
performance of the system, reducing the performance degradation at partial load.
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In order to obtain more precise data further development of this research will be oriented to couple
the refrigerated box dynamic model with a detailed dynamic model of the refrigeration unit.

NOMENCLATURE
𝛼 Convective heat transfer coefficient [Wm-2K-1]
𝐶 Lumped thermal capacity [J kg-1 K-1]
𝐶𝑑 Degradiation factor [-]
𝐶𝑅 Capacity ratio [-]
𝐶𝑂𝑃Coefficient of performance [-]
𝑄̇ Heat flux [W]
𝑅 Thermal resistance [ K W-1]
SUBSCRIPT
amb Ambient
c
Cooling
e
external
es
External surface
FL
Full load
h
Heating
i
Internal

𝑟
𝑆
∆𝑆
𝑇
+
𝑇𝑠𝑒𝑡
−
𝑇𝑠𝑒𝑡

Refrigerating capacity ratio [-]
Surface [m2]
Average box surface [m2]
Temperature [°C]
Upper bound set point temperature [°C]
Lower bound set point temperature [°C]

is
inf
im
min
nom
PL
set

Internal surface
Infiltration
Internal mass
Minimum
Nominal
Partial load
Set point
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ABSTRACT
Small insulated truck refrigeration units are usually powered by the internal combustion engine used
for the vehicle traction, as the system size does not require the use of a dedicated prime engine.
The paper presents an innovative layout where an electrically driven compressor is connected to a
battery pack, which is powered by a photovoltaic generator placed on the roof of the insulated box.
The battery packs are also connected to the vehicle alternator, which is used as a backup source.
A fully functional prototype of the system is presented and characterized.
Numerical simulations are then used to forecast the impact of the solar contribution to the system
performances under different ambient conditions. Numerical simulation results demonstrate the
proposed system can sustain itself for most of the considered cases, resulting in a significant
reduction of the annual consumption for the vehicle.
Keywords: Refrigeration, Carbon Dioxide, Compressors, COP, Evaporators, Energy Efficiency.

1. INTRODUCTION
The refrigerated transport has widely developed and strongly contributed to the cold chain supply in
the last 70 years. In 2010, an estimation of around 4 million refrigerated vehicles in service
worldwide, including vans (40%), trucks (30%), semi-trailers or trailers (30%) was reported,
forecasting by 2030 a growth by 2.5% a year of global road freight transport (UNEP, 2010).
The contemporary achievement of perishable goods safety and sustainability are the challenges that
refrigerated transport equipment designers and manufacturers are facing. Today’s refrigerated
vehicles, on the other side, can be improved in many aspects: the enhancement of the insulation
capabilities; the optimization of the external aerodynamics of the boxes, and the optimization of the
refrigeration units and its control (Cavalier, 2011).
One of the most problematic point in small applications is the dependency of the refrigeration unit
on the traction engine. While in long-haul refrigerated trailers a dedicated diesel engine powers up
the refrigerated unit, on short-distance refrigerated vehicles, the traction diesel engine runs also the
refrigerated unit’s compressor. This negatively impacts both the preservation of the cold chain, due
to the reduction of the cooling capacity at low speed or stops, and the environmental impact, as the
required power can be drawn from the engine when it is conversion efficiency is very low. The
uncoupling between the diesel engine and the compressor can be achieved by using an electric
generator connected to engine powering an electric hermetic compressor (Cavalier, 2011) limiting
the above mentioned problems.
The use of electric powered compressor opens to the integration of renewables in the system. Solar
photovoltaic driven/aided refrigeration represents a technology useful to reduce CO2 emissions and
dependency from oil, as well as a market opportunity. Literature on the topic is limited and dated.
Bahaj (1998, 2000) reports the results obtained replacing the diesel generator of conventional trailers
with a photovoltaic system. Such a systems can also avoid noise limitations, generally occurring in
nighttime in city centres. The absence of a backup power unit to supply energy once the battery are
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fully discharged was highlighted as a major critical point, as the user has to be aware of the battery
status to avoid cold chain interruptions.
In the same years, the Sandia National Laboratories conducted an extensive feasibility study for
chilled and refrigerated long distance transport (Bergeron, 2001). It demonstrated the technological
feasibility of these systems and a moderate economic justification.
Elliston B. et al. carried out a second study on the feasibility of PV-assisted refrigerated transport of
goods frozen in Australia in 2009 following the results of Bahaj’s papers. The thermal load was
evaluated by a simple 0D thermodynamic model, in which the thermal load applied to the inner
contents is the sum of the conductive heat load through the walls for average daily temperature data
(by month) in Canberra and the refrigerator thermal power. The sizing of the components is
conducted by the estimation of the PV production. The economic analysis proved that the system
was unattractive, but authors highlighted this was caused by the low pricing of the diesel fuel in
Australia at that time.
This paper presents the feasibility study of a vapour compression cycle aided by electrical energy
provided by photovoltaic panels. The main object is to revise early researches on the basis of up-todate technology, changing the case study from the long-haul chilled transport to short-distance
refrigerated delivery truck.
First, preliminary experimental results will be showed to verify the coherence of the component
design, then, an accurate 3D numerical analysis will be presented to assess the impact of
photovoltaic generators on the energy consumption of a small size refrigerated truck.

2. CASE STUDY
For the present study, a small refrigerated truck is considered as test case. The external dimension
of the refrigerated body are reported in Table 1. The overall internal volume was 9.75 m 3, with a
double door covering the whole rear face and a smaller side door.
The walls and the ceiling are made of polyurethane foam covered on all the exposed sides with two
thin fiberglass-based layers. The floor is reinforced by means of a plywood plate and wood beams.
Due to the reduced size of the box, no wooden reinforcement was necessary on the walls and the
ceiling. Metallic structural palates are also included in the design as necessary, to couple the bolts
connecting the body to the frame of the truck, the hinges of the doors and the evaporator.
Table 1. Main external dimensions of the insulated box.

Height [m]
Length [m]
Width [m]
Surface [m2]

2.1.

2.00
3.00
2.00
32.0

System Layout

The proposed system overall layout is presented in Fig. 1. Photovoltaic generators (a) are connected
to a charge controller (b)that transforms the panel voltage to 24 V DC, which is a standard for light
truck applications. This controller optimizes the photovoltaic panel voltage to maximize the
conversion efficiency and limit the power when the battery pack (e) reaches the maximum charge.
The refrigeration unit considered in this study is simple and representative of the standard for this
application. An ON/OFF controller is implemented by means of a simple thermostat (c) with 3°C of
hysteresis.
In order to guarantee the system functionalities, the batteries can be connected to the truck electrical
system (f) as needed, thus allowing the refrigeration unit to function as a standard electrical unit
powered by the vehicle alternator.
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Table 1. System main parameters

PV generators
Tot. Area
Nom. Efficiency
Nom. Power
Battery pack

Figure 1: System sketch

Capacity
Refrigeration Unit
(at 𝑇𝑎𝑚𝑏 = 30°C 𝑇𝑖 = 0°C)
Capacity
Total electrical consumption

5.5 m^2
21%
940 W
8 640 kJ
2.00 kW
1.30 kW

The global heat transfer coefficient of the insulated box was expected to be lower than 0.4 Wm -2K-1.
Given the box dimension this correspond to a reference thermal load of approximatively 380 W at
the reference condition of external ambient temperature 𝑇𝑎𝑚𝑏 = 30°C, and an internal temperature 𝑇𝑖
= 0°C. The refrigerant unit was sized according to technical practice, which suggests installing a
cooling capacity from 5 to 10 times the expected steady load. This is necessary to overcome the
sudden increases of the cooling demand given by the doors opening and the pull down of the
refrigerated box after a period of inactivity, resulting in a design nominal capacity of 2.00 kW at
reference condition.
The solar panels were sized to use the available roof surface, accordingly to the sizes available into
the market. The built prototype uses 6 modules of 1375 mm X 665 mm, for an overall nominal power
of 940 W. Table 1 reports the main components specifications.

3. PRELIMINARY EXPERIMENTAL DATA
The refrigerated box and a first prototype of the solar aided refrigeration system was tested at the
ATP test station, located at the Construction Technology Institute of the National Research Council
in Padua (Italy). Experimental activities were carried out to verify the consistency of the system
components and to provide experimental data for the numerical model validation.
As a first step, the insulated box was characterized in terms of global insulation capabilities. These
measurements, following the criteria presented in the Annex 1 of the ATP guidelines, will be used to
validate the numerical model of the box. The global heat transfer coefficient was also necessary to
estimate the steady condition cooling demand of the refrigerated box.
Functional tests were then conducted maintaining the insulated box in the controlled environment of
the ATP test facilities (Fig. 2), while the solar generators were placed horizontally outdoor (Figure
3). The test was aimed at demonstrating the capabilities of the solar system to satisfy a significant
part of the cooling unit consumption under steady conditions. The tunnel was set to maintain a
constant ambient temperature of 30°C while the cooling unit ON condition was set to +2°C with 3°C
hysteresis, obtaining an average internal temperature of +0.4°C during the test. Solar generator were
kept under the full light during the whole test that was performed the 26th of February. The test
started at 11:10 AM and ended at 4:30 PM. At the beginning of the test battery were fully charged.
Figure 4 reports the power consumption of the refrigeration unit and the power provided by the
photovoltaic panels. Figure 5 reports the nominal battery charge in percent, obtained comparing the
net energy extracted from the battery to its nominal capacity.
Despite the refrigerated box was subject to a summer condition and the solar panel were instead
exposed to a winter radiation, with a maximum altitude of 36°, the solar generators provided all the
energy required to run the refrigeration unit for the most of the test (from 11:00 AM to 3:00 PM). The
sudden decrease in the solar power after 3:00 PM was caused by the presence of light clouds and
the decrease of the sun altitude over the horizon. Under these conditions, the system was able to
run on batteries for one and a half hours, using 40% of the battery nominal capacity.
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Figure 2: Tunnel experimental set-up

Figure 4: Power flows during the preliminary
test

Figure 3: Solar generator set-up

Figure 5: Nominal battery charge level

4. NUMERICAL MODEL
As the preliminary test demonstrated an interesting potential of the solar system in supporting the
cooling unit, numerical simulations were conducted to forecast the system performance during a
delivery mission in hot climate.
Numerical simulation were carried out using COMSOL Multiphysics (v5.4). The 3D model is
presented in Figure 6. The model was develop to reproduce all the geometrical features of the tested
box, including the wooden layer and beams to reinforce the floor; the structural iron plates anchoring
the hinges and the gaskets on the doors contours. As the model was intended to address the global
energy balance of the system, a CFD model of the internal air was unjustified when comparing the
improvement on the accuracy and the computational cost. For this reason, the internal air was
modelled using a 0D capacitive model represented by its average temperature𝑇𝑖 , which was solved
by means of its energy balance.
Unstructured tetrahedral grid was used for the main volumes of the model. Thin elements were
discretized using local extrusion resulting in prism elements, to maintain a high grid quality.
Grid sizing was assessed during preliminary study. The experimental global heat transfer coefficient
𝐾 = 0.36 W m-2 K-1 was used to validate the model, as well as the sensitivity of the numerical results
to the grid size. The global values (average heat flux, and 𝐾 parameter) demonstrated a sensitivity
smaller than 1% on the grid size in the range between 300k to 1.5M nodes, with an absolute error
on the 𝐾 value lower than the experimental uncertainty. The grid used for the simulation was then
selected to have 700k nodes.
4.1.

Equations and Boundary Conditions

The model was set to resolve the heat transfer set of equations under unsteady boundary conditions.
The solar radiation was applied on the external surfaces of the model, accounting for the direct, the
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diffuse and the reflected solar radiation. The external surfaces were furthermore subject to radiative
and convective heat transfer. For the radiative flux, the sky and the ambient temperature were used
to quantify this exchange based on the surfaces normal of the horizontal surfaces, assuming for
vertical surfaces that both the sky and the ambient temperature contribute with the same weight.
External convection was set between the model external surface temperature and the ambient
temperature. Heat transfer convective coefficient was assumed as the maximum between the forced
convection coefficient (dominant when the vehicle is in motion) and the natural convection coefficient
(dominant during low speed and stops).
On the internal side of the 3D model convection was set between the surface and the internal air.
The average air temperature was regulated by an ODE imposing the air energy balance (where 𝐶𝑖
is the internal air thermal capacity):
𝐶𝑖

𝑑𝑇𝑖
𝑑𝑡

Eq. (1)

= 𝑄̇𝑐𝑜𝑛𝑣 − 𝑄̇𝑒𝑣 + 𝑄̇𝑖𝑛𝑓

This equation accounted for three different heat sources: the convection heat flux removed from the
internal walls 𝑄̇𝑐𝑜𝑛𝑣 , the heat removed by the evaporator 𝑄̇𝑒𝑣 and a last terms accounting for air
infiltration 𝑄̇𝑖𝑛𝑓 (further detail on this will be presented in section 4.3).
The actual cooling unit ON/OFF control system was reproduced by mean of a discrete state variable,
with the same set point and hysteresis of the prototype, i.e. an ON set-point at 𝑇𝑖 = +2°C and OFF
set-point at 𝑇𝑖 = -1°C

Figure 6: 3D BOX Model

4.2.

(a)

(b)

Figure 7: Cooling unit capacity (a) and COP (b) as function of the
internal and the ambient temperature

Solar Generators and Refrigeration Unit

Solar generators were assumed to be built-in the roof of the insulated box. This assumption has the
effect of increasing slightly the cooling need of the refrigerated box in two ways. Firstly, by reducing
the insulation thickness of the roof, secondly, by increasing both the surface emissivity and the shortwave absorptance with respect to the white fiberglass composite used for the rest of the external
surface (from 0.7 and 0.15 to 0.8 and 0.9 respectively).
The panel’s efficiency at standard conditions 𝜂𝑝𝑣,𝑠𝑡𝑑 and temperature coefficient 𝛽𝑝𝑣 are given by the
product data sheet and are equal to 0.21 and 0.0046 °K-1 respectively. The actual efficiency was
then evaluated as 𝜂𝑝𝑣 = 𝜂𝑝𝑣,𝑠𝑡𝑑 [1 − 𝛽𝑝𝑣 (𝑇𝑒𝑠 − 298 K)] where 𝑇𝑒𝑠 is the panel temperature. The
electrical converted power was then computed as: 𝑃𝑝𝑣 = 𝜂𝑝𝑣 𝐴[𝐺𝑑ℎ − 𝑛̅ ∙ ̅̅̅
𝐺𝑓 ]; where 𝐺𝑑ℎ is the diffuse
̅̅̅
horizontal irradiance, 𝑛̅ ∙ 𝐺𝑓 is the scalar product between the surface normal and the direct normal
irradiance vector and 𝐴 is the total area of the panels.
The refrigeration unit performances were obtained using an in-house developed simulation tool
(Artuso, 2019). An R-134a simple compression cycle with thermostatic valve was considered and
the unit components were selected to represent a unit available in the market. Simulation results
were then compared against available homologation data sheet in order to check the consistency of
the model with the actual performances of commercial units. The refrigeration unit numerical model
was then used to map the cooling capacity 𝑄̇𝑒𝑣 and the COP for different combinations of 𝑇𝑖 and
𝑇𝑎𝑚𝑏 (Fig. 7). The first was used in Eq. 1; the second will be relevant in post process when the unit
electrical consumption will be discussed. The evaporator and condenser fans electrical consumption
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was also taken into account, which was set to 290W, on the base of commercial units homologation
data sheet.
4.3.

Mission Profile and Ambient Data

The mission profile was defined to describe a local distribution activity. The standard profiles ECE
and EUDC, used for testing of emissions and fuel consumption from light duty vehicles [EEC
Directive 90/C81/01], were used to construct the mission profile. Five EUDC cycle, corresponding to
a 30 km drive, were used to simulate the rural drive condition between the logistic facilities to the
city. Then the urban drive condition was defined as 5 ECE cycles, corresponding to 5 km in 15
minutes. The urban drive was repeated 6 times before a new rural cycle is performed to return to
logistic centre. Between each urban cycle, a stop of 5 min was considered.
As the air infiltration is an important load in refrigerated transport, the air infiltration through the doors
has to be addressed. Despite the absence of a detailed CFD description of the internal air prevent a
full description of the phenomenon, the external air infiltration was included as a source term in the
internal air energy equation, according to the model reported by T Lafaye de Micheaux et al [2015].
Door opening was then set to happen after every urban cycle, lasting 3 of the 5 minutes of the stop.
The morning sequence is reported in Figure 7, starting at 9.00 AM and finishing at 12.15 AM. The
same sequence was repeated between 2.00 PM and 5.15 PM.
Refrigeration unit was supposed to be started one hour before the vehicle departure (8.00 AM), to
cool down the refrigerated box structure to the transportation temperature.
Rural
(EUDC x 5)

Velocity km h-1

100

Urban
(ECE x 5)

Urban
(ECE x 5)

80
60

40
20

...
0
8.45

9.00

V

9.15

9.30
9.45 10.00 AM
Doors Opening %

Figure 8: Rural and Urban driving profiles

Figure 9: Morning sequence

Simulations were carried out for the same daily mission for different times of the year using as
reference climate Athens so to test the system in hot climates. The standard year of Athens was
used as reference for the ambient data (Energyplus). Instead of using a precise day to represent
each considered month, the algebraic average of the daily trend over the whole month was preferred.
Otherwise, results would be affected not only by the seasonal trend, but also by the day chosen for
the simulation, as consecutive days can have strong differences in temperatures and sky cover.

5. NUMERICAL RESULTS
The numerical model was solved setting a maximum time-step of 3 seconds. Initialization was
obtained in two steps. A stationary run was solved using the ambient data at 5.00 PM. This solution
was then used to start a transient initialization run, to clear for the influence of the initial conditions,
simulating the refrigerated box during the night before the mission starts, from 5.00 PM to 7.00 AM.
Finally, this result set was used to start the actual mission run from 7.00 AM to 6.00 PM.
Results will be presented in the following two sections. First, results obtained for August average
day ambient data will be presented. Secondly, the other months will be discussed to assess the
impact of the photovoltaic panel on a yearly base.
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5.1.

Mission Result in August

August was chosen as reference as the most severe month in the year for the refrigerating system
in Athens due to its highest average temperature. The ambient temperature and the internal
temperature during the mission are reported in Fig. 10, as well as the average air temperature over
every mission section (rural road, urban road, stops, and delivery)
Despite the oversizing of the refrigeration unit, the pull down after every door opening is slow enough
to cause appreciable variation in the internal temperature. A step increase of the average internal
temperature in respect of the driving condition is visible after the first opening (from 0.7° to 1.7°C),
and a continuous drift between the stops toward higher temperatures (up to 3.2°C between the 4th
and the 5th opening). This oscillation would be reduce if the thermal inertia of the goods were
implemented in the model. However, the overall energy balance, thus the time required for the
refrigeration unit to remove the infiltrating heat would remain the same. For these reason a larger
unit should be considered to safety operate with frequent doors opening under hot climate
environmental condition.

Figure 10: Temperature trend for the month of August

Figure 11: Nominal Battery charge level %

The battery charge status during the mission is reported in Fig.11, for three different initial charge
level: 100%, 50% and 20%. Photovoltaic panels produce more energy than the one consumed by
the refrigeration unit during long travel periods and the long stop between the two delivery missions.
On the contrary, the pulling-down period, where the refrigeration unit is in continuous operation, and
the frequent door opening during the delivery phase cause the energy consumption to exceed the
production, leading to the partial battery discharge.
The produced energy is greater than the required when the cumulative daily balance is considered.
On the other side, the finite dimension of the battery limits this balance, as when the battery is fully
charged the energy production had to be limited to the instantaneous consumption of the load. On
the other side, when the battery is fully discharged, the system needs to draw the necessary energy
from the vehicle generator. The actual daily energy balance depends then on the starting condition
of the battery. The battery net energy balance is slightly positive (+0.5%) for a starting charge of
50% and negative (-28.9%) when the battery is fully charged at the start of the mission. For a starting
charge of 20%, the high energy request during the morning, causes the full discharge of the battery
pack. The refrigeration unit runs then on the vehicle electrical system, for a total equivalent energy
of 8.1% of the battery nominal capacity.
Table 2. System main parameters

Month
February
April
June
August
October
December

Energy
Consumption kJ

Ideal Energy
Production kJ

1 330
2 594
5 326
6 353
3 597
1 448

3 184
5 370
7 088
6 363
3 753
2 073

Battery off-balance %
100%
50%
20%
-0.3
0.0
-4.4
-28.9
-26.9
-10.7

49.6
50.0
45.6
0.5
6.6
26.1
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5.2.

Yearly results

The same mission described in section 4.3, was run considering the average ambient data of six
months over the year. The daily energy consumption, energy production as well as the battery offbalance between the start and the end of the mission are reported in Table 2.
June is the month with the highest production of energy, while august has the highest consumption.
The energy production results to be greater than the requested energy by the refrigeration unit for
all the considered cases, but the difference is not significant for August to October. For all the
considered cases, the battery was capable of sustaining the group, with the exception of August for
a low starting charge.

6. CONCLUSIONS
The paper presents the layout of an electric powered refrigeration for insulated trucks aided by
photovoltaic generators. Experimental preliminary results demonstrated the feasibility of the system
and the advantage given by the solar energy despite the test was performed under unfavourable
conditions (summer load on the refrigerated box and winter radiation on the photovoltaic panels).
Numerical simulations were then carried out in order to assess the expected annual impact of the
renewable energy on the energy consumption used to power the refrigeration systems. Simulation
were carried out assuming a hot climate (Athens) and a short distance delivery mission with frequent
stops and door openings. The model results demonstrated that the electrical energy produced by
the photovoltaic panels is at least 25% greater than the energy required by the cooling unit during
the mission, suggesting that the system can sustain itself without drawing energy from the vehicle
alternator.
These results, while remaining encouraging should be interpreted as an optimistic forecast, as in the
current model no shading effect was considered, while in actual urban environment building will often
stops the direct radiation. More simulations will be carried out neglecting the direct radiation,
considering the diffuse radiation only, in order to compare the current result with the worst-case
scenario.
Further development of this research will focus on the design of a fully functional prototype including
an autonomous control system and the systematic acquisition of data from the field.
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ABSTRACT
In this paper some research related to the thermal insulation of the body, the energy consumption
and the environmental impact of the cooling units are presented. The use of new materials such as
the aerogels (both at ambient pressure and under vacuum conditions) is considered as an option
and discussed in terms of performance, reliability and costs. Concerning usual solutions for the
insulating walls based on polyurethane foams, the actual thermophysical properties of the blowing
agents used in insulating walls are discussed in the view of the new regulations for the use of FGAS refrigerants. The methods to calculate the air infiltration rate and radiative properties of the
walls are commented. The ageing of the material used for the insulation body is discussed with the
relative issues related to the appropriate prediction of the life of in-service units. Concerning the
energy consumptions and environmental impact results from works related to the classic option of
vapor compression cycles is compared to new ones such as cryogenic units in terms of total
environmental impact, running costs and feasibility. Finally, works discussing new alternatives for
refrigerants in vapor compression systems are presented.
Keywords: Refrigerated Transport, Carbon Footprint, Refrigerants, VIP, Ageing.

1. INTRODUCTION
Roughly one-third of the edible parts of food produced for human consumption get wasted globally
and around 360 million tons of perishable foods are lost each year due to an insufficient use of
refrigeration (IIR, 2009). Some recent estimates indicate that about 795 million people in the world
(around 10% of the whole population worldwide) were undernourished in 2014-16 (FAO 2015).
One technological step to reduce this trend is to widespread the use of refrigerated transport,
especially in developing countries, and to have an appropriate performance to guarantee food
preservation.
The terrestrial fleet of refrigerated transport equipment in the world amounts to 4 million of inservice vehicles including vans, trucks, semi-trailers and trailers, with 68% of the whole fleet
concentrated in developed countries (Michineau et al., 2014).
In the European Union the refrigerated transport market is already mature and it is assessed to
some 1.1 million of equipment of which 150 000 belong only to France (1 over 420 inhabitants),
120000 to Spain and 110000 to Italy; UK has almost 84000 vehicles. The situation is quite different
in Asian countries: in India there are 9000 vehicles due to different methods for food preservation.
In China there are 150 000 refrigerated vehicles, that means around one over 9500 inhabitants;
this number is increasing quickly due to the increase of the refrigerating market (Capo et al., 2018).
These numbers are changing consistently: a study by IIR (2009) pointed out that the road
refrigerated transport should increase by 2.5% per year until 2030.
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Refrigerated transport, as well as other type of refrigerating systems, is partially responsible for
ozone depletion and global warming, because of the refrigerants used and the energy consumption
of refrigerating equipment. The environmental impact is mainly due to the energy consumptions of
the engine and of the cooling system, then to refrigerant leakages (Coulomb, 2008).
Nowadays different aspects are affecting the energy consumptions and carbon footprint like: the
standards to comply with and materials available for the insulated vehicle, technologies for the
cooling system, refrigerants available in the system. Some recent research trends are reported in
the paper.

2. THERMAL LOAD
To guarantee appropriate performance of systems one step is the use of standards. The ATP,
Agreement on the international carriage of perishable foodstuffs and on the special equipment to
be used for such carriage (ATP, 1970), which has been in force since 1976, regulates the
international transport of certain foods. The same parameters are present in the ISO standards for
insulated containers (ISO 1496/II), in the Australian standards (AS 4982-2003), in the “Fiches
Transfrigoroute” and in the new EU standards CEN.
ATP provides effective rules for the certification of the refrigerated vehicles used for land and rail
transport of certain kind of foodstuffs, with the purpose of ensuring their safety.
ATP defines an overall coefficient of heat transfer (K coefficient), which represents the insulating
capacity of the equipment, by the following formula:

K = W S −1 Δ T −1

Eq. (1)

where W is the thermal capacity required in a body of mean surface area S to maintain the
absolute difference ΔT between the mean inside temperature Ti and the mean outside temperature
Te, during continuous operation, when the mean outside temperature Te is constant.
The factor K is influenced by thickness of the walls and thermal conductivities of the compound
materials used for the wall, whose key part is made by an insulating material.
In some countries the width of vehicles is limited: for example in Europe ATP vehicles has a
maximum width of 2.6 m. Since the refrigerated transport is palletized in Europe (combining pallets
one can get 2.4 m), the effective thickness available for lateral walls is limited to 100 mm.
Some manufacturers, in order to reduce the K value, are increasing the thickness of the other walls
(mainly the roof and the floor, as it is difficult to increase the front and rear wall thickness without
affecting the ease of movement of the rear door and the correct positioning of the refrigerating unit
on the front wall). (Panozzo, 2009)
Concerning the insulation materials, actually, the wall are mostly insulated by using foams
expanded by blowing fluids with a high molecular weight. Over the years the limitations in the use
of fluorinated gases have caused a reduction of the thermal conductivity of the expansion gases
(see Fig. 1).
Limitations in the size of the walls and the thermophysical properties of refrigerants used for the
expansion are pushing to search for new materials.
One option is the use of aerogel. The thermal conductivity of the monolithic aerogel is around
0.018 W/mK at ambient pressure (1.01 bar). When the sample is evacuated to pressures below 10
mbar (vacuum insulated panels, VIPs), the gaseous conductivity is 0.007 W/mK (Caps and Fricke,
2004). Hammond and Evans (2014) have presented a paper to study the viability of the use of
vacuum insulating panels in the refrigeration sector. As reported in Fig. 2, the thermal conductivity
of such a system is much less than the one of polyurethane or standard silica aerogel. In their
study, they demonstrated that the economical convenience (based on the assumed prices for a
non conventional technology) is possible, if the life of the component is long enough to recover the
extra cost via the energy consumption reduction. In the case of refrigerated transport, the
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mechanical stresses due to load and unload of the goods and the vibrations, is a factor which can
compromise the vacuum causing damage to the sealing or contamination of the goods with
aerogel which are toxic (Prakash et al., 2014). For the moment the most viable solution is the use
of polyurethane foams. In the future some other solutions are possible: the use of rare gases
(Kripton and Xenon, whose thermal conductivity is very close to that of R11: as example see
Panozzo 2011) and the use of foams whose cells shall have nano-dimensions.
One important aspect related to the use of such insulation material is the deviation of the real
performance from the ones of the baseline (prototype tested according to ATP) both at the starting
of use and over the time. Deviations of the K value of the products from the original prototype can
appear due to not perfectly repeatable production process or small differences in the real geometry
allowed by the ATP agreement. This aspect has been studied by C. Capo et al. (2018), which have
compared experimental data of the K values measured on insulated containers at few days after
production and the reference value of the corresponding prototype. They have demonstrated that
deviations of up to 10%-15% are possible in the K value between the prototype and the actual
vehicle. Sometimes this deviation can give K values over the limits allowed by the ATP agreement,
stressing the importance of an extension of the agreement application to all the vehicles since the
first year. In the same paper, the authors compared the effective value of K with the one expected
from the use of the insulating material without any thermal bridge or accessory. The influence of
the thermal bridges due to load-bearing elements or to the insertion of the cooling system is
detrimental to the K value up to 20% in the experiments they reported.
Nowadays new techniques could allow to define methods to detect thermal losses in some specific
point, like using the thermography to map the heat flux at the wall (Bison et al., 2015). Also, a
recent paper investigated on the detection of defects and thermal bridges in insulated truck box
panels by active infrared thermography (Lei et al., 2017). They suggested the use of compressed
air method, instead of classical heating method, for defects identification.

Figure 1: Trend of thermal conductivity of expansion gases used in foams for the road refrigerated
transport
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Figure 2: Comparison of thermal conductivities of insulating materials (Hammond and Evans, 2014)

Another important concern is the “ageing” of the insulation material: after the foaming the gas
trapped into the foam cells tends to migrate due to concentration difference with the environment,
mechanical vibration, damages and environmental effects. A parameter measuring the percentage
variation of the K value over the time is defined as a possible measure of the ageing. In works by
Boldrin et al. (1990, 1993) and Panozzo et al. (1995, 1999) the authors presented an amount of
data statistically relevant related to the ageing of different categories of vehicles for the refrigerated
transport working under different conditions (types of goods, working temperatures). The analysis
of the data collected at the ITC-CNR of Padova allowed to isolate the causes of the ageing over
the time. The main causes are related to: permeability of the foams to the gases (air and blowing
agents), condensation of water into the foam cells, increasing of the percentage of the open broken
cells (Klempner and Frisch, 1991).
Those data were discussed statistically in a work by Giuri (2006) and are reported in Fig. 3. In that
Figure, the continuous line is representing the trend of the curve predicted by a model based on
gas migration. The major effect was the migration of the air from the environment into the closed
cells of the foam (the opposite migration of the blowing agent to the environment is too slow due to
the larger dimensions of the blowing agents molecules in comparison with the molecules of the air,
like O2, N2, CO2, H2O). It has been seen from the comparison with experimental results from Figure
3 that only few data are following the theoretical trend: those data are related to vehicles working
with solid structures, which ageing behavior is less affected by mechanical stresses due to the
usage.
The analysis of the correlation between the causes of the ageing and the relative effects has been
deepen by Capo et al. (2018). The authors showed that one important aspect is the deviation of
the real K value at the starting of the product with respect to the baseline value of the prototype,
which is conventionally chosen to calculated the ageing parameter.
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Figure 3: Percentage variation of the factor K over the time (INV%). Black, continuous line:
theoretical curve based on diffusion of gases trapped in the cells under certain conditions typical for
a class of refrigerated vehicles. Scattering of data based on realmeasurement on a corresponding
class of vehicles (data collected at ITC-CNR of Padova)

Currently, new researches are ongoing to isolate the single effects of ageing and to have
measurement of K values of prototype vehicles to avoid the errors in the ageing measurement.
This would bring to new predictive tools which can improve the prediction of the K value over the
time in order to estimate when the K value should go over the one allowed by standards, enabling
the checks by certified institutions of the real value of the K factor with dynamic time interval and
not the ones actually prescribed.
Other important contributions to the thermal load are the ones related to the radiation and the air
infiltration, not directly accounted by the ATP regulations, whose estimation is of primary
importance for the correct sizing of the system, the achieving of the desired thermal conditions
(and indirectly for the extra energy consumptions related to ON-OFF cycling in direct expansion
systems).
During the real operation (delivery or transport) it is important to consider radiation contribution
only for slow speeds or for stopping. Concerning radiation contribution its evaluation is firstly
related to the radiating conditions under real operation, which are often unknown. Once
appropriate estimate of the climate data are available the second step is to know surface
properties of the walls: surface optical properties of the surfaces can change due to dirty, but the
estimation of the thermal load can be made on clean surface. About this topic the paper by
Dragano et al. (2009) defined and experimentally validated a methodology to estimate the optical
absorption coefficients of a sandwich panel used for the insulation of refrigerated vehicles. In
particular, the optical absorption coefficient measurement is based on the measurement of
temperature carried out both on the natural colored surface of the panel and in a zone painted on
the purpose with a black varnish. The processing of the data under transient conditions allowed a
data reduction to deduce the unknown surface property via a comparative method.
Concerning air infiltration its contribution to thermal load is particularly important, when the route
includes frequent stops for the delivery of the goods. Several works have been made in the past to
estimate the thermal losses due to air infiltration in refrigerated boxes. A recent study, specifically
related to the refrigerated transport, has been proposed by Lafaye De Micheaux et al. (2015). The
authors presented experiments carried out for different temperatures and different aperture ratios
and found out two type of flows causing the infiltration: a buoyancy driven flow (density-driven flow
which gives birth to an important heat load peak) and a boundary layer flow (quasi steady-state
natural convection over the inner wall of the truck). They demonstrated the application of
appropriate CFD models to predict the mass and momentum transfer; also proposed analytical
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models for both the two kind of flows able to predict the heat flow rate with a good agreement with
experiments.

3. ENERGY CONSUMPTIONS AND ENVIRONMENTAL IMPACT
The energy input to the cooling system depends on the useful energy required by the application
(the thermal load multiplied by the number of hours of usage) and the coefficient of performance of
the cooling unit itself. The thermal load have been discussed previously. Here a brief report of
some recent researches on the factors affecting the energy consumption and the environmental
impact is reported.
Raiet al. (2017) presented a paper about the approaches to reduce the energy consumption and
the environmental impacts of road transport. In the paper they considered a diesel driven vapor
compression system as the baseline for the cooling system and compared the results with a
different option (cryogenic system). The use of a liquid cryogen (carbon dioxide or nitrogen) is
considered as an option due to the reduced direct environmental impact of such fluids.
Both the production and operation emissions have been considered. The results showed a
reduction up to 66% of the production emissions of the baseline solution with respect to the
cryogenic system; this is mainly due to the energy required to produce the liquid refrigerants.
Instead, when the total emissions are considered, all the solutions seem to be equivalent with
small differences within the margin of error of the assumptions made. A drawback of the cryogenic
systems is the volume required of liquid, which is between 5 and 40 times larger than the volume
required for the diesel. Adding also considerations about the effective availability for the refilling of
the tank, at the moment there are some barriers to make the cryogenic systems competitive for the
road transport. The costs to run the two solutions are similar, even if the investment cost for the
non-standard solution is higher at the moment.
The adoption of different solutions, like the cryogenic one, could become interesting depending on
the evolution of the market of the refrigerant to be used in vapor compression system.
An interesting discussion about the comparison of three possible fluids (R404A, R410A and CO2),
as refrigerants for vapor compression systems used in refrigerated transport, have been compared
in the paper by Wu et al. (2013). The analysis have considered a complex model to account for
LCCP calculations under potentially real operating conditions (different climates, different type of
vehicle, specific refrigerant leakages). They have found that often the R404A is not the best
refrigerant in terms of LCCP; CO2 is a good option when ambient temperature is low.
More recent regulations about the use of F-GASes have caused important changes in the
refrigerant market with different option available (HFOs and HFC mixtures with intermediate values
of GWP). Zilio et al (2015) considered the potential performance of three potential options for this
field, even if other refrigerants appeared in the meanwhile and several questions about the
technical reliability of compressors under the severe conditions of the refrigerated transport are still
open.
An important consideration about the energy consumption is related to the strategy used to define
the route. Even if the problem is well known for the optimization of the fleet usage, very few works
have been conducted about the optimization of the environmental impact and/or of the energy
consumption. A recent paper by Meneghetti et al. (2018) have posed the energy consumption
minimization as target to define the optimal route for a refrigerated transport. In the conclusions of
the study, the authors pointed out that while the minimum travel distance is usually the best
solution due to the greater impact of travel requirements on total fuel consumption with respect to
refrigeration ones, a preferred direction to run the circuit has been highlighted, depending on the
different outdoor temperature of time slots triggered during distribution.
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4. CONCLUSIONS
In this paper a brief resume of some recent papers concerning the methods, the technology and
the research trends related to the thermal load containment, the energy consumption and the
environmental impact is presented.
The aerogel based materials are an excellent option vs the polyurethane foams, but they actually
suffers of a major cost, the difficulty to guarantee the vacuum once used in a mobile system (due
to vibration) and the toxicity due to the risk of contamination of the good with the dust.
The use of sandwich panels is still the more common option: the thermal performance of such a
system is downgrading due to the limitations in the use of HFC refrigerants with large molecular
mass, which have lower values of the thermal conductivity. For a proper choice of the system
sizing the thermal load of the air infiltration and of the radiative term to the thermal load have to be
considered: recent papers proposed interesting method and models to do the calculations.
New models have been proposed in literature to refine the estimation of the carbon footprint under
real conditions, and in particular the direct and indirect contributions. Based on one model
predictions, the use of cryogenic systems with CO2 should be equivalent in terms of total
environmental impact to a vapor compression one operating with R404A. The vapor compression
systems should be still the less impacting option when low GWP refrigerants will be used.
For future researches more accurate data of ageing should be collected to improve the models
predictions of the ageing and of the energy consumptions under real conditions including,
potentially, the ageing effect.
Also, the accuracy of the models which describe the energy performance of the refrigeration unit
should be adequate to the level of accuracy expected for such a kind of studies.
Data of the energy consumptions under real conditions should be related to environmental and
operational data to allow validation of models.
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ABSTRACT

Cold chain transportation is an effective means for LTL shipping, specifically for perishable items over
long distances. To improve the economy of logistics and ensure the quality of refrigerated transportation
of fruits and vegetables, two multi-temperature zone insulation boxes with different phase change
materials (PCM) were designed in this work for cold storage technology, which included 87% C8H16O2 (noctanoic acid) + 13% C14H28O2 (myristic acid) as PCM1 and H2O + 0.03 g/mL C6H7KO2 (potassium
sorbate) as PCM2. The experimental results showed that the phase transition temperatures of these
phase change materials were 7.1 and -2.5 °C, the latent heats of phase change were 146.1 and 256.2
J/g, and the thermal conductivities were 0.2832 and 0.9427 W/(m•K), respectively. After 100 cycles, the
cold storage materials exhibited good performance with no supercooling and a stable phase change
platform. An insulation box temperature test system was established using good supply practice (GSP).
The experimental results reveal that temperature zones 2 (medium zone) and 3 (low zone) of the
insulation box can be kept cold at 7~9 °C for about 13 h and at -2~0 °C for about 14 h, respectively. The
smaller warm temperature zone 1 of the insulation box maintained coolness at 7~8 °C for about 19 h,
while warm zone 2 kept cold at 0 °C for 16 h. The research findings provide support for further design
and optimization of insulation boxes for cold storage in cold chain logistics as well as the application of
cold storage technology in the cold chain transportation of fruits and vegetables.
Keywords: cold chain; phase change cold storage; multi-temperature zone; vacuum insulation panel

1. INTRODUCTION

Perishable items, such as vegetables, fruits, meat products, seafood, vaccines, and other medicines,
often travel long distances from the production to processing locations. For example, in winter, fruit from
Hainan Province in Beijing, China, is transported more than 2,700 kilometers to various distributors. Such
lengthy transportation is called “cold chain logistics,” in which a decrease in the quality and quantity of
perishable foods and medicines is inevitable [1]. In China, the loss rate of fresh food during transportation
is as high as 20-25%, far higher than the transport loss rate of 5% in developed countries [3-4]. However,
China is the world's largest producer of perishable foods, and the cold chain industry has also brought
enormous benefits to China's economic development over the past 15 years. Therefore, establishing an
impeccable logistics system and accurately controlling the temperature during transportation is the key
tois the key to prevent food and medicines from spoiling [5]. Cold chain transportation is divided into air
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transportation and ground transportation. Air transportation is highly efficient and reliable, but requires
high costs. Ground transportation is further divided into railway and road transportations. Comparatively,
railway transportation faces difficult scheduling issues, while road transportation is the most used method
because of its convenience, high flexibility, and low cost.
From 2010 to 2015, Chinese registered refrigerated transport trucks increased from 26,000 to 81,000 [6].
Several cooling methods are implemented into refrigerated trucks, which include: (a) mechanical
compression refrigeration uses independent or independent cold storage units to provide refrigeration
capacity; (b) cold plate implements phase change materials to store cold energy; (c) liquid nitrogen source
or dry ice utilizes food liquid nitrogen source type or dry ice vaporization to cool food; and (d) LNG
(liquefied natural gas), which is used as fuel to recover cold energy. At present, the main refrigerated
truck transportation method in the market is mechanical compression refrigeration, yet it faces unit
maintenance and refrigerant pollution problems [7]. Cold storage refrigerated transport, which
incorporates a phase change material to cool food and medicine, is convenient and flexible, has precise
temperature control, and does not require a refrigeration unit for transportation. Cool storage technology
is based off a peak-to-valley electricity price difference to achieve economical purposes. Table 1
compares the performances of mechanical compression refrigeration, cold storage cold chain and dry
ice cold chain transportation methods.
Table 1 performance comparison of different modes of cold chain transport
Refrigerated car

Mechanical

type

Cooling capacity

Temperature
adjustment
Carrying
efficiency

Pre-cooling time

Cool storage

The minimum temperature

The

is about -20° C, the cooling

depends

capacity depends on the

temperature of the phase

size

change

of

the

car

body,

cooling

Dry ice

on

temperature
the

cold

Dry ice type can reach -20 °C

melting
storage

generally 1kw~12kw

material.

The temperature controller

Use different phase change

can be adjusted from -20° C

storage materials to change

to 15 °C.

the temperature

No temperature control device

The coolant occupies the bearing
Low load carrying efficiency

Carrying efficiency is higher

space,

than mechanical

efficiency is lowered.

When the regenerator is

The coolant is unevenly mixed in the

Mechanical pre-cooling time

frozen, it is pre-cooled at the

upper part and the lower part of the

as

same time. The freezing time

warehouse,

is

incomplete, and the pre-cooling

a

benchmark

for

comparison

longer

than

the

mechanical freezing time,

and

the

the

load

carrying

pre-cooling

is

time is long.

but the nighttime operation is
more, so the impact is less.
Equipment cost
Usage fee
Other

Usually

the

equipment

Cheaper than mechanical

Equipment costs are cheaper

Higher fuel and repair

Use nighttime low valley

Higher cost of coolant (ice or dry ice)

costs

power, lower usage fees

costs are higher

Noisier when used

No noise or low noise (when
there is a fan)

No noise

Much research has focused on phase change materials to store large amounts of latent heat, which is
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released during transportation [18-15]. The most used regenerative logistics transportation equipment is
the cold storage insulation box due to its environmentally friendly sealing, flexible size, excellent thermal
insulation performance, and flexible loading mode. Insulation boxes are also an effective tool for shortdistance transportation and preservation of fruits and vegetables [16]. However, among the phase change
materials currently developed, inorganic materials face supercooling and phase separation problems,
while organic materials have low thermal conductivity [17]. Thus, several researches have studied how
to avoid these shortcomings and rationally use phase change materials. For instance, Yoram Kozak
developed transportation equipment that combines phase change materials with thermal insulation
materials and analyzed its thermal properties to optimize its structure and size [18]. Three phase change
materials were prepared by Yu-Chu M, and the influence of different melting points on food was
investigated by cold chain transportation equipment [19]. Xu combined nano-phase change materials
with the insulation technology of a vacuum insulation panel to develop cold chain logistics transportation
equipment that can effectively maintain cold temperatures for 87 h [20]. In a previous study, we found
that the new vacuum insulation panel technology can greatly reduce the thermal conductivity and
increase cooling time, which is advantageous over traditional polyurethane insulation materials that have
large thermal conductivity and detrimental pollution [21].
Another research direction of cold storage cold chain logistics transportation equipment is the multitemperature co-matching mode. In the actual cold chain logistics transportation, there are many wastefree logistics resources, which that can greatly reduce the economy. In order to make up for the
shortcomings of traditional cold chain logistics that cannot be “mixed”, multi-temperature zone
transportation equipment has become a hot spot ofmajor research focus [22]. Liu Guanghai et al. [23]
constructed a multi-temperature zone refrigerated truck model and analyzed the effect of seepage on the
internal temperature field. Zhao Xiuhong et al. [24] designed a mechanical compression multitemperature zone insulation box, and used FLUENT to simulate the temperature field.
According to different logistics distribution temperature zones, the independent research and
development of cold storage materials and vacuum insulation panel technology was coupled to form a
multi-temperature zone cold chain logistics transportation equipment. in this work. A three-dimensional
unsteady model was established to analyze the temperature fields in different regions. The refrigerating
equipment is equipped was supplied with a GPRS wireless remote temperature monitoring system, and
which allows the user can to remotely and remotely know their cord temperature change changes of the
transportation product through a mobile phone terminal. The incubator temperature test system was
established by using the good supply practice (GSP) to verify the feasibility of the cold storage insulation
box. The research results solve the problem of suggest that our proposed insulation system avoid less
than load (LTL) logistics and multi-temperature co-coordination problems, reduce logistics cost and costs,
allow precise temperature control, and ensure the quality of fruits and vegetables, further optimize and.
The optimized design the insulation box of cold storage, and in-depth study and of the cold storage
insulation box indicate its promising application of in cold storage technology in of fruit and vegetable for
cold chain logistics for reference.

2. MATERIALS PREPARATION

The cold chain transportation equipment designed in this paperwork has three temperature zones. The
temperature zone 1 is the normal temperature zone for transporting dry foods that do not need to be
refrigerated. The temperature zone 2 is the medium temperature zone, and the refrigerating temperature
is with temperatures between 7~10 °C. It can be used, which is best for refrigerating bitter gourd. Winter,
winter melon, pumpkin, yam, and other vegetables; temperature. Temperature zone 3 is low temperature
the medium zone, refrigerating temperature is that ranges from -3~- to -1 °C, can be used and is best for
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refrigerating spinach, celery, apple, coconut, and other fruits and vegetables. The refrigerating equipment
adopts self-developed phase change cold storage materials were adopted as the refrigerating equipment,
and phase change materials of different temperature ranges were developed according to the
requirements of the different temperature zones.
The chemicals used in the experiment, such as C8H16O2 (n-octanoic acid), C14H28O2 (myristic acid)), and
C6H7KO2 (potassium sorbate), are all produced bywere of pure analytical grade and obtained from
Sinopharm Chemical Reagent Co., Ltd., and the purity is analytically pure. The latent heat value of the
phase change was measured by differential scanning calorimeter (DSC (, 200F3 type, temperature
accuracy < 0.1 °C, thermal enthalpy accuracy < 0.1%), and the thermal conductivity was measured by a
Hot Disk (TPS2500 type, accuracy < 2%).
The modified low-temperature phase change material was subjected to 20, 50, and 100 cycles using a
high-low temperature alternating box, and the. The temperature range of the high-low temperature
alternating box was set to between -50 and 50 °C, and the cycle period was 50 min. The low temperature
phase change material was subjected to a differential scanning calorimeter (DSC) was used to test its
the melting temperature and latent heat value of the low-temperature phase change material.

2.1 PCM1：87%C8H16O2 (n-Caprylic acid) + 13%C14H28O2 (Myristic acid)
Both n-octanoic acid (C8H16O2) and myristic acid (C14H28O2) are saturated fatty acid phase change
materials, which have good stability and no supercooling and good stability. After several experiments, it
was determined that it was best to use 87% C8H16O2 + 13% C14H28O2 were used as the phase change
cold storage materials. The phase change performance was measured by DSC, the cooling curve was
measured by a low temperature bath, and the thermal conductivity was measured by a Hot disk. The
Disk. From the experimental results are shown in Fig. 1 and Fig. 2. The data shows, it was determined
that the phase transition temperature of the material was 7.1 °C, the latent heat of phase change was
146.1 J/g, the thermal conductivity is 0.2832 W/(m•K), no supercooling, occurred, and the phase change
platform was stable, and the thermal conductivity is 0.2832 W/(m•K).After 100 freeze-thaw cycles, the
phase transition temperature of the material was 7.5 °C, the latent heat of phase change was 145.1 J/g,
and the phase transition temperature and latent heat of phase change remained the same.
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Figure 1: DSC of before and after PCM1 100 cycles Figure 2: Cooling curve before and after PCM1 100 cycles

2.2 PCM2：H2O+0.03g/ml C6H7KO2 (Potassium sorbate)
When pure water is used as a cold accumulating agent, there is a large degree of supercooling, which
affects the cold storage effect. Potassium sorbate is often used in fruit and vegetable preservation since
it is non-toxic and environmentally-friendly. Adding a certain concentration of potassium sorbate in water
can eliminate the degree of supercooling and lower the phase transition temperature of water. In this
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study, the phase change performance was measured by DSC, the cooling curve was measured by a low
temperature bath, and the thermal conductivity was measured by a Hot Disk, and the experimental results
are shown in Fig. 3 and Fig. 4. The phase transition temperature of 0.03 g/mL C6H7KO2 + H2O was
measured to be -2.5 °C, the latent heat of phase change was 256.2 J/g, and thermal conductivity was
0.9427 W/(m•K). The platform demonstrated to be stable, and the heat storage and release process was
good. After the melting and solidification cycle was performed 100 times, the phase transition temperature
and phase change of latent heat fluctuation range of the material remained small, and the cycle stability
was good.
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Figure 3: DSC of before and after PCM2 100 cycles
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Figure 4: Cooling curve of before and after PCM2 100 cycles

3. THEORETICAL ARITHMETIC
3.1 System design
Considering that the quantity of goods varies depending on different transportations (or during
transportation), different refrigerating equipment in temperature zone were designed in this work. Figure
5 displays an equipment structure diagram with an external dimension of 1560*860*760 mm 3, an internal
dimension of 1450*750*650 mm 3, and a storage volume of 680 L. The thermal insulation materials of the
maintenance structure are constructed of polyurethane and a vacuum insulation board, and the inside
and outside surfaces are assembled with galvanized iron plate of 2.5-mm thickness. The three
temperature zones, which are separated by the vacuum insulation plate of 30-mm thickness, and a roller
is arranged between the vacuum insulation plate and the chute to allow size transformations of each
temperature region. The grooves on both sides of the equipment facilitate manual transportation or
machine hoisting.

Figure 5 Equipment 1 structural diagram and insulation material

3.2 Heat leakage coefficient
The heat leakage coefficient of the storage heat preservation was obtained from the ratio of the box
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structure to heat insulation property of the insulation box material. From this, the efficiency of the thermal
storage box is maintained for a longer period, which can save energy and reduce emissions. An internal
heating method was used to test the heat leakage coefficient. Because of the different types and complex
physical properties of the products, it is difficult to implement unified parameters in the theoretical
calculation model; thus, the heat absorbed by the product itself is not considered in the theoretical
calculation.
The heat leakage coefficient of refrigerated equipment is expressed as U in W/K：
1 n
U =  U t (n  17)
n t =1
Q
Ut =
ti − tθ

Eq. (1)

Eq. (2)
where U is the total heat leakage coefficient in W/K, Ut is the heat leakage coefficient in W/K, Q is the
sum of the total power consumed by the heater and fan in the heat preservation box in W; ti is the average
temperature in box in K, and tθ is the temperature outside the box in K. ti, tθThe arithmetic average of the
temperature measured at the end of each test record interval.The experimental results show that the heat
leakage coefficient is 17.83 W/K.
The integral heat transfer coefficient of the heat preservation box can be calculated by the
following formula:
k=

U λ
=
A δ

Eq. (3)
where K is the heat transfer coefficient of heat preservation box in
A is the box surface area in
m2,λ is the equivalent Thermal conductivity of Box tail structure in W/(m·K), and δ is the box enclosure
structure thickness in m.The heat transfer coefficient of the whole and the equivalent thermal conductivity
of the enclosure are obtained by the following equations:
K = 3.15W/(m 2 K)
λ = 0.173W/(mK)
3.3 Amount of cold storage agent
When applying the cold storage heat preservation box, the amount of cold storage agent filled in the cold
plate is an important factor affecting the effective temperature range within the box. This filling quantity in
the cold storage plate can be estimated by the following formula：
T  K  A  (t 2 − t1 ) n
X=
H
Eq. (4)
W/(m2·K),

where X is the quality of coolant in kg, H is the phase change latent Heat of Cold Storage Agent in
kJ/kg, T is the cooling time in h, K is the coefficient of heat transfer in W/(m2·K), Ai s the heat transfer
area in m2, t2 is the outside temperature of incubator in K, t1 is the heat preservation temperature in heat
preservation box in K, and n is the number of open doors of the incubator, Don't open the door: n=1.
The ambient temperature is 25 °C, based on the calculation for the required effective cooling of 15
h. Each of the three temperature zones in the equipment has a size of 450*750*650 mm 3. Temperature
zone 1 is the normal temperature zone with no phase change material. In temperature zone 2, n-octanoic
acid-myristic acid composite phase change material was used, the phase transition temperature was
7.1 °C, and the latent heat of phase transition was 146.1 J/g. In temperature zone 3, the composite phase
change material of potassium sorbate and water was used, the phase transition temperature was -2.5 °C,
and the latent heat of phase transition was 256.2 J/g.
Table 2. Amount of cold storage agent
Temperature zone

Cooling time/h

Refrigerant quality/kg

Temperature zone two

15

13.8

Temperature zone three

15

12.1

4. EXPERIMENTAL

In order to verify the correctness of the simulation, an experimental system based on a temperature
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monitoring device was built. As shown in Figure 6, the temperature monitoring device is a verification
instrument host, containing a wireless temperature, humidity sensor, and a repeater from left to right.
After the phase change material was prepared, it was placed in a polyethylene cold storage plate, and
then stored in a cryostat for cold storage, in which the cooling temperature was set to -20 °C. The size of
the equipment cold storage plate is 315*200*25 mm3. The cold storage plate and box are bonded by
waterproof male and female stickers, which can be flexibly disassembled for convenient secondary use.
Cold storage plates were placed on the four sides and bottom of the second and third temperature zones
of the equipment and also on top of the vacuum insulation board with a thickness of 2 cm to prevent loss
of cooling capacity, as shown in Figure 7.

Figure 6: Temperature monitoring devices

Figure 7: Layout drawing of insulation box cold plate
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Figure 8: Equipment temperature monitoring curve

Figure 8 shows the temperature monitoring curve of the equipment, which was monitored for 20 h after
the cold storage plates were placed in the box, and the ambient temperature was about 25 °C. The
temperature in the normal temperature zone was lower than the ambient temperature by about 3~5 °C
due to the influence of the temperature zone of the partition wall, but this does not affect the storage of
products in T1. The phase transition temperature of the phase change material in T2 was 7.1 °C, and the
time for releasing sensible heat was about 30 min, after which the phase change occurred in the material.
The temperature of the phase change process box was between 7 and 9 °C, which was maintained for
about 13 h, which is slightly smaller than the initial temperature. After 14 h, the temperature in T2 began
to increase. The phase transition temperature of the phase change material in T3 was -2.5 °C, and the
sensible heat release time was about 40 min. The temperature in the tank was maintained between 2~0 °C in the phase change process, and the maintenance time was 14 h, which is slightly higher than
the temperature in T2 at the same time.
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5. CONCLUSION

Combining the vacuum insulation board technology with cold storage technology, we propose the first
design of a cold storage multi-temperature zone cold chain transportation equipment. Two different phase
change materials suitable for cold chain transportation were prepared.The cold storage multi-temperature
zone insulation box can be kept cold for about 15 h, which effectively guarantees the quality of food during
transportation.In the actual situation, due to heat leakage and processing problems, the cooling time and
temperature inside the box undergo certain changes, but within an acceptable range required for
maintaining quality of perishable products. Our research findings on the designed cold storage multitemperature zone insulation box are significant for solving problems associated with LTL logistics and
can greatly improve the safety and economy of cold chain transportation. This work provides a new
direction for the future development of more efficient cold storage cold chain transportation equipment.
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NOMENCLATURE
Ut

heat leakage coefficient (W×K-1)

k

heat
transfer
coefficient
preservation box (W×m -2×K-1)

tθ

total heat leakage coefficient (W×K-1)
the sum of the total power consumed
by the heater and fan in the heat
preservation box (W)
temperature outside the box (K)

A

box surface area (m 2)

λ

δ
T
A

box enclosure structure thickness (m)
cooling time (h)
heat transfer area (m2)
phase change latent Heat of Cold
Storage Agent (kJ×kg-1)
heat preservation temperature in heat
preservation box (K)

X
K
t2

U

Q

H
t1

ti

n

of

heat

average temperature in box (K)
equivalent thermal conductivity of Box tail
structure (W×m -1×K-1)
quality of coolant (kg)
coefficient of heat transfer (W×m -2×K-1)
outside temperature of incubator (K)
the number of open doors of the incubator,
Don't open the door: n=1
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ABSTRACT
Standards for exhaust emissions for road vehicles have enforced a significant reduction in
particulates and NOx for transport vehicles complying to those standards.
However, several larger UK conurbations have noticed that pollutants are not being reduced as
much as had been hoped and that those measured at the roadside are from such sources as older
vehicles, non-regulated engines, brakes and even tyres. One source is diesel engines powering
nose-mounted refrigeration units, where it is common for the engine to be devoid of any emission
controls.
Data is presented on testing carried out on a nose-mounted refrigeration unit at different
temperature setpoints and conditions, with varying internal load: empty and with simulated cargo.
The data shows that these engines do contribute to both NOx and particulates and that the current
non-road mobile machinery regulation (“NRMM”) will not significantly reduce those emissions.
Keywords: Emissions, NRMM

1. INTRODUCTION
There have been several studies recently investigating the environmental impact of temperature
controlled transport in major UK cities and the potential for zero emissions alternatives. Outdoor air
pollution contributes to around 40,000 deaths a year in the UK, according to the Royal Colleges of
Physicians and of Paediatrics and Child Health.
In 2017, the UK government released a plan for tackling roadside Nitrogen Dioxide (NO2)
concentrations, this plan required local authorities to take action on reducing the annual average
values to under 40µg/m3, which is the statutory limit.
The major part of this plan was to look at emissions from road transport units as NO2 is found in
NOx (oxides of nitrogen), which is emitted from road transport units. In total there were 28 local
authorities and London has been mandated to produce a plan to reduce air quality pollution, the
first steps were the ultra-low emission zone (ULEZ) and toxicity charge in London.
Other cities like Leeds, Nottingham, Derby, Birmingham and Southampton have all begun to
introduce a clean air zone (CAZ) which will give incentive for people with commercial vehicles,
taxis and buses to use engines which are compliant to EURO VI whilst in CAZ zones.
The following study focuses on the emissions from a transport refrigeration unit (TRU); it focuses
on larger nose mounted units that are seen on semi-trailers.
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2. TEMPERATURE CONTROLLED TRANSPORT VEHICLE
The refrigeration unit that was selected for the trials is shown below in fig. 1; the trailer was built to
ATP standards and was already in-service from November 2014.

Figure 1: Refrigeration unit and internal setup

The refrigeration unit used during the emissions trials was a Carrier Vector 1950MT; it had a
refrigeration capacity of 18,200 Watts at 0°C and at -20°C a capacity of 9,800 Watt on high speed
diesel; these both at 30°C ambient.
Emissions Analytics set up their portable emissions measurement system (PEMS); this measures
the gases coming from refrigeration unit’s exhaust pipe and was able to measure the following:
- Carbon monoxide (CO) and carbon dioxide (CO2)
- Nitric oxide (NO) and nitrogen dioxide (NO2)
- Oxides of nitrogen (NOx=NO + NO2)
- Total hydrocarbons (THCs)
- Particles
- Fuel economy (MPG) and fuel consumption (L/100km)
Fig. 2 below shows the emissions equipment installed in the test chamber, the equipment
provided was a Sensors SEMTECH-LDV for gaseous emissions and a Pegasor Mi2 for
particulates.

Figure 2: Emissions analytics’ equipment
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3. TEST METHODOLOGY
The test methodology used a modified version of EN16440 part 5.6.7 which is the measurement of
energy consumption under rated conditions at part load. A copy of this is given below.
“5.6.7 Measurement of energy consumption under rated conditions at part load
After stable conditions have been achieved the test shall be carried out under thermostatic control
with a fixed heat load PHL.
All measurements shall be recorded at least every 10 s.
The measurements shall be carried out at +30/–20 °C and +30/0 °C both, on the road operation
and, if fitted, standby operation. For cooling devices driven by the vehicle engine the measurement
is carried out at the highest engine speed tested according to 5.6.6. At –20 °C the measurements
are performed in start/stop operation and at 0 °C with the evaporator fan running continuously. If
no start/stop operation is possible, the measurements are performed at both temperatures with the
evaporator fan running continuously.
For cooling devices which are exclusively operated at 0°C and higher only measurements at +30/0
°C are carried out.
The cooling device is operated at +30/–20°C at part load of 35 % and at +30/0°C at a part load of
20 % of the measured cooling capacity Pc at full load according to 5.6.6. The maximum switching
difference of the thermal control of the cooling device is 2 K.
All temperatures shall be measured over a period of 3 h and at least 20 cooling cycles. They shall
be recorded. The measuring period starts with switching OFF the compressor and finishes with the
first switching OFF of the compressor after 3 h and at least 20 cooling cycles of measurement. For
each test the average value shall be indicated in the test report. The minimum and maximum
values during testing shall also be indicated. The maximum deviation of the average air inlet
temperature of the evaporator unit shall be ± 1 K of the reference value. The operating time tO and
standstill periods shall be recorded.
Continuously regulated systems shall be measured over a period of 3 h. The maximum deviation of
the average inlet air temperature at the evaporator unit may be ± 1 K of the reference value.”
For the purpose of this test we reduced the stable conditions to 1 hour and also carried out tests at
10°C and 20°C ambient.
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4. EMISSIONS FROM A DIESEL TRANSPORT REFRIGERATION UNIT (TRU)
Testing was carried out at Cambridge Refrigeration Technology (CRT) and an independent
emissions monitoring company called Emissions Analytics. The unit tested was a nose-mounted
refrigeration unit installed in a 13.6m semi-trailer. The test program that was conducted is shown
below in table 1.
Table 1: Test Program

Test number

Type

1
2
3
4
5
6
7
8
9
10
11
12
13
14

Pull down test
Part load test
Pull down test
Part load test
Pull down test
Part load test
Pull down test
Part load test
Pull down test
Part load test
Pull down test
Part load test
Pull down test
Part load test

Condition
Internal (°C)
External (°C)
10 to 0
10
0
10
0 to -20
10
-20
10
20 to 0
20
0
20
0 to -20
20
-20
20
-20 to -25
20
-25
20
30 to 0
30
0
30
0 to -20
30
-20
30

Heat load (kW)
3.0
3.0
3.0
3.0
3.0
3.0
3.0

Tables 2, 3 and 4 shows the emissions data that was collected from each test conducted for CO2,
NOX and PM2.5. Fis. 3, 4 and 5 show the temperature data.
10°C ambient
Table 2 below shows the emissions data; the temperature graph of tests 3 and 4 is given in Fig. 3.
Table 2: 10°C emissions testing data

Test
number

Type

1
2
3
4

Pull down test
Part load test
Pull down test
Part load test

Condition
Internal
External
(°C)
(°C)
10 to 0
10
0
10
0 to -20
10
-20
10

CO2 (g·s-1)

NOX (g·s-1)

PM2.5 (g·s-1)

3.8714
2.349
3.6365
2.8665

0.0268
0.0184
0.0241
0.0188

0.0000337
0.0000312
0.0000346
0.0000306

The average CO2 during the 10°C testing was 3.0088 (g/s), NOX 0.0206 (g/s) and 0.0000319 (g/s)
for PM2.5.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3732

Figure 3: Temperature data 10°C ambient

20°C ambient
Table 3 below shows the emissions data; the temperature graph for test 8 is given in Fig 4.
Table 3: Emissions test results

Test
Number

Type

5

Pull
down
test
Part load test
Pull
down
test
Part load test
Pull
down
test
Part load test

6
7
8
9
10

Condition
Internal
°C
20 to 0

External
°C
20

CO2 (g/s)

NOX (g/s)

PM2.5 (g/s)

2.7916

0.0199

0.0000322

0
0 to -20

20
20

1.9237
2.9495

0.0146
0.0186

0.0000298
0.0000304

-20
-20 to -25

20
20

2.3741
2.0115

0.0149
0.0128

0.0000271
0.0000214

-25

20

1.883

0.0119

0.0000215

The average CO2 during the 20°C testing was 2.1776 (g/s), NOX 0.0142 (g/s) and 0.0000251 (g/s)
for PM2.5.
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Figure 4: Temperature data 20°C ambient

30°C ambient
Table 4 below shows the emissions data; the temperature graph for test 11 is given in Fig. 5.
Table 4: Emissions test results

Test
Number

Type

11

Pull
down
test
Part load test
Pull
down
test
Part load test

12
13
14

Condition
Internal
°C
30 to 0

External
°C
30

CO2 (g/s)

NOX (g/s)

PM2.5 (g/s)

4.2007

0.0326

0.0000328

0
0 to -20

30
30

2.47
3.455

0.0211
0.0238

0.0000306
0.0000330

-20

30

2.1851

0.0148

0.0000228

The average CO2 during the 30°C testing was 2.8506 (g/s), NOX 0.0210 (g/s) and 0.0000286 (g/s)
for PM2.5.
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Figure 5: Temperature data 30°C ambient

Summary of emissions data
In order to compare the test results to the Euro VI emissions figure we first need to apply an
emissions factor of 2.578 kg CO2 / litre of diesel burnt to the CO2 test results in tables 2, 3 and 4.
This showed that, dependent on its operational state, the refrigeration unit emitted between 16 and
22 grams of NOx per litre of fuel consumed, and between 0.02 and 0.04g PM2.5.

5. COMPARISON TO EURO VI AND NRMM STANDARDS
From the test results carried out at CRT we can compare the results with emissions data from
three real world tests run by The Low Carbon Vehicle Partnership (LowCVP) in January 2017. This
data and is shown below in Table 5 along with the final column showing the increase in emissions
from the engine that was tested at CRT.
Table 5: Euro VI emissions

Vehicle
44t Artic 320hp
Euro VI
44t Artic 460hp
Euro VI

Duty Cycle (avg. speed
kph)
Urban delivery
Regional delivery
Long haul
Urban delivery
Regional delivery
Long haul

gNOX/km

gNOX/litre

0.20
0.13
0.11
0.33
0.22
0.22

0.41
0.35
0.34
0.65
0.50
0.54

Euro VI times
lower
39-54
46-62
48-66
25-34
32-44
30-41
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Table 5 shows the comparison between gNOX/litre of fuel burnt and when comparing the test data
it shows that the auxiliary engine on test emitted between 25 – 66 times more NOx than a Euro VI
truck engine, depending on the conditions.
NRMM (Non Road, Mobile Machinery) regulations
Whilst engine power was not recorded during the emission testing, the engine’s runtime and speed
were recorded. By cross-referencing engine speed against the manufacturer’s performance curve
of the engine, the kWh could be estimated. Further, because the compliance limits apply to
combined NOx + HC, and HC was not measured by Emission Analytics, the split of NOx and HC
was assumed to be 2/3rds NOx – in line with the NRMM stage V standards for engines over 56kW
where NOx and HC do have individual compliance limits.
This analysis gave an indicative figure that the engine on test emitted between 4.1 and 5.0 g
HC+NOx /kWh depending on its operating state. Although only indicative, this analysis suggests
that this engine meets (and exceeds) the current NRMM Stage IIIA emission standard when in
real-world operation and indeed may also meet the NRMM stage V emissions standard with a little
modification. For the engine that was tested, this indicates that these types of equipment may not
get cleaner on the introduction of NRMM Stage V as they are already within or close to compliance
limits.

6. CONCLUSIONS
Emissions from temperature-controlled transport equipment are a growing concern as air quality
rises up the political agenda; motive engines become cleaner and cities start to regulate against
older, more polluting vehicles entering city boundaries. In this environment it is difficult to envisage
a near future where restrictions are not placed on the types of TRUs permitted to enter cities.

NOMENCLATURE
NOx
NO2
NO
HC

Oxides of Nitrogen
Nitrogen Dioxide
Nitrogen Oxide
Hydrocarbon

PM2.5
CO2

Particulate Matter
Carbon Dioxide
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ABSTRACT
The efficiency of the thermal insulation of bodies for refrigerated vehicles decreases with time, i.e.
the body’s overall insulation coefficient (“K coefficient”) increases during ageing. Ageing is a
twofold phenomenon involving both physio-chemical and mechanical factors: their estimation is
very important for the design of better performing vehicles, but also for their smart use. Since 1953,
Cemafroid has been determining, each year, the K coefficient for hundreds of in-service
refrigerated vehicles at twelve years of life and more. This paper presents a statistical analysis of
the data of some thousands of these vehicles. First results for a sample of refrigerated trucks
highlight a greater ageing in the period 0-12 years (average variation of K up to 65%) than in the
period 12-18 years (average variation of K equal to 5%). Furthermore, it turns out that the evolution
of K in this 12-years window depends mainly on the type of vehicle, the type of insulation and the
blowing agents, the quality of manufacturing, the type of refrigerating unit installed on the vehicle
and the type of transported foodstuffs.
Keywords: Ageing Phenomena, Thermal Insulation, K Coefficient, Refrigerated Vehicles, PhysioChemical Factors, Mechanical Factors, Statistical Analysis.

1. INTRODUCTION
Refrigerated transport vehicles have as main objective to supply consumers with good quality and
safe perishable products. Today, a wide array of services to the cold chain is provided by using a
diversified fleet that is continually evolving. In refrigerated transport, the thermal insulation of the
body is one of the basic elements of the refrigerated equipment. The efficiency of this thermal
insulation is quantified by the body’s overall insulation coefficient (“K coefficient”), a parameter
increasing during the time due to the ageing of the body’s insulation. K coefficient may be
controlled as required by the ATP (the International Agreement for the Transport of Perishable
Foodstuff). The evolution of K with time can be very different from one vehicle to another due to
many factors, whose analysis and modeling has been previously treated by several studies
(Boldrin et al., 1990; Boldrin et al., 1993; Panozzo et al., 1995; Capo et al., 2018), highlighting
various facets of this phenomenon. As stated by Panozzo et al. (1995), the ageing of an insulated
enclosure for a refrigerated vehicle is mostly due to the permeability of the foam to the gases (air
and blowing agent), to the condensation of water into the foam cells and to the increasing of the
percentage of the open (broken) cells. These causes explain the ageing from a physio-chemical
point of view and primarily concern the panels used to build the insulated enclosure and the
insulation materials itself. Ageing of refrigerated vehicles also has a mechanical component due to
the movements on the road, the routes covered and the payload. Capo et al. (2018) presented the
factors playing a role in the aging process, classifying them into three different categories. The
effects of some of these factors were analyzed in previous studies. A statistical analysis carried out
by Panozzo et al. (1999) highlighted the influence in the ageing rate due to the rails and to the
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refrigerating units. As pointed out by the authors, in presence of these accessories, the mechanical
stresses are deeply increased. Capo et al. (2018) pointed out that, since the beginning of its life,
the K value of the body has a deviation from the theoretical one (predicted by the heat conduction
through its walls) due mainly to two contributions: the first one is due to the non-ideal foaming
process, the thermal bridges and non-perfect sealing of the body; the second one is due to the
presence of the refrigeration unit that causes further thermal losses. In order to discriminate others
factors having an influence on the ageing process, this paper presents the statistical analysis of
1158 different refrigerated vehicles. The analysis was carried out on the basis of the following
criteria:
i)
type of equipment and materials,
ii)
influence of the body manufacturer,
iii)
influence of refrigerating units,
iv)
usage of the vehicle.

2. EVALUATION OF PERFORMANCE OF INSULATED BODIES
The overall insulation coefficient is calculated through the formula:
𝐾=

𝑄
∆𝑇𝑆

Eq. (1)

Where Q is the heating power or the cooling capacity, as the case may be, required to maintain a
constant absolute temperature difference ΔT between the mean internal temperature Tint and the
mean external temperature Text, during continuous operation, when the mean outside temperature
Text is constant for a body of mean surface area S. The mean surface area of the body is
represented by the geometric mean of the internal surface area S int and the external surface area
Sext of the body:
𝑆=

𝑆𝑖𝑛𝑡 𝑆𝑒𝑥𝑡

Eq. (2)

For refrigerated vehicles included in this study K was measured by following the ATP test
procedure, based on “the inner heating method”. This method includes the measurement of
twenty-four temperatures owing to as many probes, twelve of which are placed inside the vehicle
and twelve on the outside. The test typically takes more than twelve hours of stabilization. The
refrigerated vehicle was placed in the Cemafroid test chamber that is accredited by COFRAC, the
French accreditation body, for tests and calibrations according to ISO 17025 and that it is able to
control the temperature of the chamber with an accuracy of ±0.5 K. Fig. 1 schematically shows the
main conditions of the ATP test procedure, which requires a mean outside temperature, Text of
7°C± 0.5 K and air flow speeding ranging from 1 to 2 m.s -1.

Figure 1: Measurement principle of the K coefficient

The measurements are made when steady state is reached with a mean inside temperature
around the value of 33°C ± 0.5 K. The presence of some ventilated electric heaters is needed to
reach a temperature difference between the inside of the body and the test chamber equal to
25°C ± 2 K. Furthermore, the walls of the body have to be maintained at an average temperature
of +20° C ± 0.5 K, following strictly the conditions of ATP test both in terms of required temperature

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3738

(°C) and tolerance around the set point temperature (K). For the heat balance to be satisfied, the
total required cooling power, Q, which is used in Eq. (1), is the sum of the total heating power W1
and ventilating power W2 of the devices placed inside the body.
2.1

Ageing Measurement

The ageing of a refrigerated vehicle used in the carriage of perishable foodstuffs is quantified
through the evolution over the time of the K coefficient. The French Regulation requires that this
coefficient is measured for all the in-service vehicles after twelve years from their owner whereas
immediately after the manufacturing only the K coefficient of the prototype, Kp, is measured to
certify the whole series. The K coefficient measurement at twelve years allows renewing the ATP
certificate for other six years, after which the K coefficient test must be repeated for a renewal of a
further six years. According to this rule for renewal, the ageing evaluation may be made by
comparing the K coefficient value of the in-service vehicle at the twelfth year of life, K12 to the initial
K value of the prototype equipment, Kp, through their ratio, A12:

𝐴12 =

𝐾12
𝐾𝑝

Eq. (3)
Another way to evaluate the ageing rate is through the average annual ageing coefficient
introduced by Boldrin et al. (1994):
𝐶. 𝐼. 𝐴 =

𝐾𝑛 −𝐾𝑃
𝐾𝑃 𝑁

Eq. (4)

Where Kn is the K coefficient value of the in-service vehicle at the n-th year (equal to K12 for data
presented in this paper), N is the number of year of the vehicle’s life (equal to twelve in this study).

3. FACTORS AFFECTING THE AGEING OF REFRIGERATED TRANSPORT
EQUIPMENT
3.1

Dataset Description

At 31 December 2017, based on the Datafrig® data, the French fleet counted 109 122 refrigerated
transport equipment having a valid ATP certificate (Capo et al. 2018). These equipments are
divided into different categories, the main ones are: vans (vehicles with a total weight allowed in
charge smaller than 3.5 tons), trucks (vehicles whose total weight allowed in charge varies from
3.5 to 29 tons) and semi-trailers (vehicles with total weight allowed in charge higher than 29 tons).
The Datafrig® database is managed by Cemafroid and contains all the ATP in-service equipment
in France. The Datafrig® data are first self-controlled by the body manufacturer, secondly
automatically controlled and analysed by the Datafrig® software, then checked by a first technician
and finally validated by a supervisor. During the audit of the manufacturing of the refrigerated
vehicle an independent auditor verifies the quality of these data and compares them to the real
equipment. These five steps quality control system give to these data high level of quality. At the
end, a sample of 1158 highly curated data were extracted from the 109 122 refrigerated equipment
registered in the Datafrig® database. These 1158 data represent different in-service vehicles of
different firms, tested after twelve years in the laboratory of Cemafroid. For each of these vehicles
more than 80 features are known. Ten of the most important features, from a domain expert point
of view, were analysed including the K12, the corresponding Kp, the type of vehicle, the body
manufacturer, the nature of the refrigerated enclosures and their isolation, the use of the vehicles
and the different types of transport to which they may be subjected. Our selection criteria for the
sample of 1158 vehicles were based on data quality requirements applied on the ten selected
attributes (or variables): no null values, no outliers, and no duplicates. The influence of these
factors on the insulating performance of refrigerated transport equipment is presented below. It is
worth noting that we rely on knowledge domain provided by experts to identify our ten features.
Other approaches could be carried out based on statistical analysis, for instance with a correlation
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coefficient between features to identify the 10 most uncorrelated features. This is out of the scope
of this paper. The results of the statistical analysis are presented in this paper in terms of
probability density function of A12 (see eq.3) through Kernel density estimation, a fundamental data
smoothing method where inferences about the population are made, based on a finite data
sample. From our dataset, the statistical analysis presented in this paper is based on the following
observations. First, assume that A12 values have been divided into non-overlapping intervals of
equal size. Then, each feature of our dataset can be grouped according to those intervals, leading
to integer values (i.e. how many times values of each feature belong to a given interval). Each
feature can now be represented with histograms with respect to A12 intervals. To better visualize
and interpret those histograms, we have chosen to use probability density functions.

3.2

Type of Equipment and Materials

Depending on the category of the vehicle (i. e. vans, trucks and semi-trailers), the performance
may vary. Fig. 2a shows the probability densities of A12 for three different samples of vehicles.
These probability densities allow defining analytically the distribution of the variable A12 around the
mean value, represented by the peak of the curve. The population covered by these curves are
227 vans, 470 trucks and 424 semi-trailers. The curve corresponding to the semi-trailers is located
more to the right (i.e. to higher values of A12) than the other curves. As a matter of fact, during their
life, and because of their size, semi-trailers undergo further mechanical stress than trucks and
vans. For this reason, after twelve years of life, semi-trailers generally have a K value diverging
more from the initial K value of the prototype, than in the case of trucks and vans. However, the
width of the curve corresponding to the semi-trailers is smaller than the widths of the other curves:
the dispersion of the values of parameter A12 is less for semi-trailers due to the fact that they are
realized in a more standardized way than trucks and vans. The standard deviation for semitrailers,
σsemi-trailers which is equal to 0.18, is the lower one.
Refrigerated vehicles included in this study are made with “sandwich” panels in which the
insulation is generally realized with polyurethane foam. The term rigid polyurethane represents a
family of materials that in addition to the polyurethane (PUR) also includes polyisocyanurate (PIR).
It is also possible to find solutions with expanded polyurethane (PSE). Independently of the nature
of the foam, the insulated enclosure of the vehicle may be designed in two different ways: i) with
integrated insulation or, ii) assembled on the vehicle platforms. The performance of the vehicle
depends on the design of the refrigerated enclosure. Fig. 2b highlights this aspect.

σvans= 0.19
σtrucks=0.20
σsemi-trailers=0.18

σintegrated_enclosures=
0.21
σenclosures arranged on
the frame=0.18

Figure 2: a) Probability densities of A12 for vans, trucks and semi-trailers;
b) Probability densities of A12 for vehicles with integrated insulation and assembled on the
vehicle platforms.

The curves of Fig. 2b represent the probability densities of the parameter A12 for 52 refrigerated
enclosures with integrated insulation and 149 refrigerated enclosures assembled on the vehicle
platforms. The vehicles which insulted enclosures are arranged on the vehicles platforms are
represented by the curve which shape is more regular and centered around the mean value. The
width of this curve, in fact, is smaller than the width of the curve which refers to integrated
enclosures, highlighting that the dispersion of the values of A12 is less for vehicles with insulated
enclosures assembled on the vehicle platforms than for vehicles with integrated insulation. As a

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3740

matter of fact the standard deviation, σ, is lower for the enclosures arranged on the frame than for
the integrated ones (see Fig 2b). This is to be found in the different designs of the two types of
insulated enclosures. Insulated enclosures assembled on the vehicle platforms are made in series
through repeatable and mastered industrial process which allow more standardized performances
than single and handicraft production of enclosures with integrated insulation.
Excellent insulation properties are obtained through the use of blowing agents. From the 1970s to
the mid-1980s, polyurethane foams were expanded with chlorofluorocarbons (CFCs), such as R11. These blowing agents had a good insulation capacity thanks to their low value of thermal
conductivity. However, they had a strong impact on the environment due to their high ozone
depletion potential value (ODP). Searching for new environmentally friendly fluids, to be used as
working fluids in refrigeration systems and as blowing agents in insulating foams, became a matter
of global concern after 1987, date of finalization of the Montreal Protocol. In 1995, manufacturers
started realizing their insulated enclosure using the hydro chlorofluorocarbons (HCFCs) as blowing
agents (R-141b and R-22). Hydro chlorofluorocarbons were less harmful to the environment than
chlorofluorocarbons but they still had not a negligible impact on the ozone layer. In 2005,
hydrocarbons (HCs) such as CO2, cyclopentane and n-pentane and hydro fluorocarbons (HFCs)
replaced HCFCs. Today, insulated enclosures are generally made with polyurethane foam
expanded to cyclopentane. The insulation performance of the insulated enclosure varies
depending on the used blowing agent. Three samples of semi-trailers, each one referring to a
different blowing agent, are compared in Fig. 3, through the probability densities of A12. Differently
as expected, the curve which refers to the sample of 46 semi-trailers foamed with cyclopentane
has a peak at smaller values of A12 than the one referred to a sample of 108 semi-trailers foamed
with R-141 and the one referred to a sample of 47 foamed with R-11. Even if, cyclopentane is the
blowing agent with the poorest initial thermal conductivity, it seems to be the one which allows a
better long-term preservation of the insulating properties.

σcyclopentane= 0.13
σR141b=0.09
σR11=0.16

Figure 3: Probability densities of A 12 for vehicles foamed with different blowing agents
(cyclopentane, R141b and R11).

3.3

Influence of the Body Manufacturer

Manufacturing technology and assembly process vary from one body manufacturer to another and
have an influence on the initial performance of the vehicle as well as on the long-term ageing. This
aspect was already pointed out by Boldrin et al. (1990). The probability densities of A12 of different
manufacturers of trucks are presented in Fig. 4. The number of vehicles considered here varies
from 30 to 140 vehicles. The peaks of the curves are located at different values of A12, highlighting
the fact that each manufacturer has a different performance at the initial time as well as in the long
term. The body manufacturer presenting the smaller dispersion of the values of A12 is the
manufacturer number two. This manufacturer has a probability density represented by the curve
having a more regular shape and with the smaller width. As a matter of fact it presents the lowest
standard deviation (σManuf2=0.15). Its manufacturing and assembly process appears to be more
homogeneous than the others.
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σManuf1= 0.19
σManuf2=0.15
σManuf3=0.22
σManuf4=0.28

Figure 4: Probability densities of A12 for four different manufacturers of trucks.

3.4

Influence of Different Architectures of Refrigerating Units

Previous studies (Panozzo et al., 1999 and Capo et al., 2018) pointed out that the presence of the
refrigerating unit causes further thermal losses and accelerates the ageing of the vehicle. In
refrigerated transport it is possible to identify two different kind of refrigerating units’ architectures:
the monoblock architecture and the split one. The first one provides a cabinet which encloses the
refrigeration circuit, the compressor and the fan. This cabinet is installed through a protrusion
realized on the entire wall (front side of the vehicle). The wall due to this perforation has a reduced
insulating performance. The second one, the split system, is characterized by an internal unit and
an external one connected through the passage of two pipes in the wall. It requires only the
realization of holes for the passage of the pipes. According to the different architectures,
performances may vary. The probability densities of A12 for 533 vehicles equipped of monoblock
mono-temperature units and 252 split mono-temperature units are presented in Fig. 5. The curve
referring to monoblock units has a smaller width than the one referring to splits ones (i.e the
standard deviation for monoblock units, σmonoblock,units is smaller than the standard deviation of split
ones, σsplit units) . This is due to the fact that monoblock units are installed through a more repeatable
and standardized process. As a matter of fact, the dispersion of the values of A12 is less for
monoblock than for split units. Even if there is greater diversity in the installation on the vehicle of
the split groups, this architecture has less influence on the long-term performance: the peak of the
curve of split units is, for this reason, shifted to the right (i.e. at lower values of A12).

σmonoblock units= 0.18
σsplit units=0.21

Figure 5: Probability densities of A12 for 533 vehicles equipped with monoblock units and 252
vehicles equipped with split units.

3.5

Usage of the Vehicle

The usage of the vehicle is one of the factors which allow a better understanding of the ageing
phenomenon. Boldrin et al. (1993) highlighted this aspect. Different samples of vehicles dedicated
to different kind of transport are presented in Fig. 6. In order to compare the ageing of these
vehicles to the ageing of the vehicles presented by the cited studies, results of Fig. 6 are reported
in terms of the annual ageing rate, through the C.I.A. parameter (see eq. 4). These results are
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comparable to those presented by Boldrin et al. (1993) and confirm that the greater C.I.A.
corresponds to vehicles dedicated to the transport of meat. In this type of transport the presence of
the rails for suspending the carcasses on the roof may cause increased mechanical stresses for
the body of the vehicle.

Figure 6: Average annual ageing coefficient (B. Boldrin et al. 1994) for samples of vehicles
dedicated to different kind of transport.

4. COEFFICIENT F
In order to rank the importance of the factors having an influence on the ageing phenomena,
presented in section three, a new weighting coefficient can be defined as follows:
𝐹=

𝑀𝐴𝑋 𝑎𝑣𝑒𝑟𝑎𝑔𝑒 𝑎𝑛𝑛𝑢𝑎𝑙 𝑎𝑔𝑒𝑖𝑛𝑔 𝑐𝑜𝑒𝑓𝑓𝑖𝑐𝑖𝑒𝑛𝑡 𝑖
min 𝑎𝑣𝑒𝑟𝑎𝑔𝑒 𝑎𝑛𝑛𝑢𝑎𝑙 𝑎𝑔𝑒𝑖𝑛𝑔 𝑐𝑜𝑒𝑓𝑓𝑖𝑐𝑖𝑒𝑛𝑡 𝑖

Eq. (5)

Where the annual ageing coefficient is calculated using eq. 4 and the subscript i indicates the i-th
factor. Note that F is a ratio of two quantities that are averaged over highly curated values, so as to
limit any bias since no outliers exist. Fig. 7 shows the values of coefficient F calculated for each
factor presented in section three showing their importance on the ageing process. Blowing agents
and type of refrigerating units are the factors that more than all other factors have influence on the
ageing of refrigerated transport equipment. The F coefficient allows ranking factors and thus
provides a feature selection method. Such an approach is required to be able to predict K12 values
using machine learning techniques. This is out of the scope of this paper.

Figure 7: Coefficient F for factors affecting the ageing of refrigerated equipment

5. CONCLUSIONS
This paper reports the statistical analysis of the results of K coefficient tests realized in the
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laboratory of Cemafroid for a sample of 1158 in-service refrigerated vehicles. This analysis allowed
confirming the influence of factors already studied: the type of vehicle, the influence of
manufacturer and the type of transport realized. Other important factors not yet considered before
were analysed. Results highlighted that the performance in the long-term is higher for those
refrigerated vehicles which insulated enclosures are assembled on their platforms than for vehicles
with an integrated insulation. The influence of the refrigeration unit on the performance of the
refrigerated vehicle was already treated in previous papers (Panozzo et al., 1999 and Capo et al.,
2018).Through this statistical analysis it was possible to put in evidence the influence of the
architecture of the refrigerating unit. Monoblock units are installed through a more homogeneous
technology than splits ones but cause a greater reduction of the insulating performance due to the
perforation that must be realized on the wall for their installation. Another important aspect,
relevant for understanding the ageing phenomena, highlighted by the present study, concerns the
influence of the blowing agent. Three samples of refrigerated semi-trailers foamed with different
blowing agents were compared. This comparison showed that semi-trailers foamed with
cyclopentane have better performance in the long period. It is important to point out that the
analysis presented in this paper is made by comparing the insulation performance of refrigerated
vehicles at twelve years of life to the initial performance of their reference prototypes. As stated by
Capo et al. (2018) the K value of the reference prototype, Kp, is not the most correct indicator for
the ageing evaluation due to the fact that reference prototype may have small differences in size
and geometry, and hence a different initial K value compared to the initial K value of the vehicle
realized in the series. Testing the vehicles realized in the series at the beginning of their life and
following the evolution of their K coefficient during the whole life cycle is of primary importance for
the study of the ageing phenomena.

NOMENCLATURE
A12
ageing
C.I.A. average annual ageing coefficient
Q
power (W)
S
Area (m2)
K
overall insulation coefficient (W.m-2.K-1)
T
Temperature (K)
F
Weighting coefficient

t
N
ext
int
p
n
i

time (s)
Number of years
external
internal
prototype
n-th year
i-th
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ABSTRACT
This paper analyses the current issue of fires occurring in refrigerated containers during
transportation deemed to have started in refrigeration machinery or cargo, the reasons
behind such fires and recent developments in technology made with a view to reducing the
frequency of such incidents and the safety implications. Initially an overview of the issues
faced by operators of refrigeration machinery and the relevant codes of practice is
presented. Details of current working methods and requirements of personal in a variety of
departments are also considered. The principal causes are examined, discussion of
methods to prevent failures on existing and future refrigeration systems and the operational
issues surrounding any changes to work practices considered. The overwhelming majority of
these hazardous refrigeration machinery fires are not as a result of the machinery itself or
the cargo but rather damage to power cables and their subsequent sub-standard repair.
Keywords: Safety, Fire, Hazards, Cables.

1. INTRODUCTION
Whilst design of intermodal thermal containers (ITCs) is regulated by standards such as
ISO-1496 the operation and use has to be by there very nature less clearly defined.
Refrigerated containers are moved by truck to customers, loaded and then transported to a
terminal before being loaded onto a ship. It is not uncommon for containers to be discharged
from one ship and then placed on another before reaching their final destination.
A further complication is that a container is not always handled by the shipping company that
is operating it. They are also serviced by a network of independent companies, many in
remote places, they are handled by third party terminals and are transported sometimes as
“slot chartered”. As refrigerated containers are constantly on the move there is a temptation
to carry out a quick repair, just to get it running as they know they are passing it on to the
next operator in the chain and unlikely to come across it again.
On ships it has been determined that the overwhelming majority of these hazardous
refrigeration machinery fires are not as a result of the machinery itself or the cargo but rather
damage to power cables and their subsequent sub-standard repair.
One solution will be discussed by this paper is to provide in the repair kit a design of a standalone cable splice requiring little technical prowess that can be installed quickly and being
virtually impossible to assemble incorrectly.

2. CONTAINER FIRES
There are 1.2 million refrigerated containers circulating around the world carrying
refrigerated cargo, each container usually manages around four journeys and therefore is
moved, plugged in and then unplugged several times during each journey.
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Naturally with this number of refrigerated containers circulating and as they are electrically
powered there are a number of fires. Fires are principally caused by three main issues, misdeclared cargo or dangerous cargo, defrost heaters and damaged power cables.
For defrost heater fires and other internal defects sensors will cause a refrigeration system
to shut down in the event of continuous readings outside of the predicted regime that is
expected when the system works as designed. Excessive heat emitted by motors or heaters
can be inferred by increased current draw on one or more phases and various pre-trip
inspection (PTI) procedures which can be carried out from the human-machine interface
(HMI) will enable technicians to diagnose any such issues which may be encountered. The
voltage of the power supply is measured by the control system and any irregularities will
cause the controller to take corrective action or shut down the system. Poor connections at
contactors are most likely to result in localised heating the will cause the conductor to fail
before a fire starts. This will have the effect of triggering an alarm or a complete shutdown as
the phase current will not be balanced. As ITCs have a four wire three phase supply it is
required that each phase is evenly loaded to prevent damage to components.
However damage to cables cannot be detected by the control system and further ships
electrical systems do not have an earth leakage detection system. Consequently cable fires
on ships are an increasing problem. According to the largest shipping line (Ref, 2018) each
year cable tray fires result in the total loss of around twenty containers of their containers,
equating this to the overall market this means that around 100 containers are a total loss and
an unspecified larger number are damaged.

3. CABLES AS A WEAK POINT
The power cables of ITCs experience more potentially-catastrophic events than any other
part of the refrigeration system. Cables running from a power source either on a vessel or on
land are exposed to possible damage from the cable being run over and crushed or
snagged with insulation damage or stretching.
On vessels and in terminals it is not uncommon for containers to be accidentally discharged
or moved whilst still connected to the ship’s power supply. To avoid excessive damage cable
cutters are incorporated into the design of the refrigeration system to avoid ripping out the
control box. This results in a relatively clean break to the cable at the refrigeration system
end.
The power cable according to ISO 1496-2 is defined as 20m long and therefore when
damaged, repairs rather than replacement are encouraged by shipping companies, most
allowing 2 or 3 repairs in its length with an approved cable splice.
In addition non-critical damage to cables have the potential to become critical with further
wear and/or damage which is more likely to occur at the weakened section. As wires
become stretched or individual cores or multi-core wire break the cross sectional area
decreases. Due to the relationship between heat dissipated and cross sectional area there is
a point where for a given current a wire will be too thin to safely carry the current required.
Once this process starts it often snowballs due the effects on electrical resistance and heat
capacity. It is not possible to see the effects of wire temperature until the insulating sheath
around it starts to melt and even this may not be picked up on for a variety of reasons. Such
defects often occur locally and a cable may be relatively cool to touch several meters away
however cable lengths are around 20m and not always readily accessible even if time
permitted regular inspections.

4. POORLY EXECUTED CABLE SPLICES
As a poorly executed cable splice experiences forces such as being coiled, uncoiled, pulled
on, vibrations etcetera the connection will get worse and cross sectional area reduces
leading to excessive heat. Although the heat flow to the surroundings of a wire varies
predominantly with sheathing material, surface area and temperature difference the heat
dissipated increases rapidly with decreasing cross-section. In normal conditions there is a
cross-over point where the heat flow out of the wire is equal to the heat dissipated within the
wire and the wire is at some temperature above its surroundings. Wire sheaths will start to
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melt and eventually catch fire if the temperature in the wire becomes high enough. Often the
materials used to wrap a cable splice will start to fail before the protective sheath.
Fig. 1 below shows several examples of cable splices found on in-service power cables

Figure 1: Examples of cable substandard splices

5. METHODS OF REPAIR
Ideally repair would be achieved by entirely replacing the cable, however this comes with a
considerable cost and therefore most shipping companies allow several repairs as already
indicated. Repair should be carried out by cutting out the entire portion of damaged cable
and the outer sheathing removed enough to facilitate repair but not so much as to leave
excess conductors unsheathed. Each of the four conductors should have their sheathing
removed neatly and with no damage to the conductor before being tinned and cleaned. A
Lineman splice, see Fig. 2, should be used as the joining method as this is the most reliable
way to ensure good electrical conductivity without reducing cable cross section and at the
same time provide sufficient mechanical strength to withstand significant tensile forces which
may be applied during normal use. Lineman splices should be staggered on adjacent
conductors to avoid a large build up. A suitable heat shrinkable sleeve providing sufficient
electrical isolation should then be applied in accordance with the manufacturer’s instructions
around each conductor. The four spliced conductors should then be covered by an external
sleeve shrunk around the outer sheathing of the original cable. Ideally sleeves should be UV
resistant and water tight. Whilst not difficult to accomplish the process requires various tools,
materials and significantly more time then is often spent by technicians repairing cable
splices.

Figure 2: Lineman splice(NASA, 2011)
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No internationally recognised standard exists with regards to making a cable splice to a
minimum level of safety. Often repairs are conducted by technicians with a low level of skill,
insufficient equipment and under time pressure. This results in inconsistent and often low
quality repairs. It is not uncommon to find wires twisted together and wrapped in insulation
tape without any soldering to ensure good connection. Further protection against moisture
ingress is rarely applied and the resulting splice is can be significantly inferior with regards to
electrical conductivity, mechanical strength and the chance of introducing foreign material
increased. Other possibilities include using screw terminals to join wires and varied use of
tape, heat shrink wrap and other similar materials. Screw terminals may not be available in
the correct size - too small and cross sectional area of the conductor will be reduced and the
fastener will not work as intended; too large and the conductor may not be securely held by
the fastener.
Applying a suitable sleeve may also be problematic as open flames are not permitted on
vessels or even many depots and terminals. Some exceptions known as “safe-areas” are
available however to be of use on a vessel the cable would have to be removed from the
main breaker requiring more time. On land the container could be positioned into a safe area
however this requires time and logistical arrangement. Heat guns could be a solution to this
however they provide practically no secondary value and require a single phase electrical
supply.
In addition to low-skilled technicians there are also supply difficulties in some regions. Some
service depots will not have suitable equipment and/or materials to enable them to carry out
a cable splice to what would be considered a satisfactory level elsewhere. It is also a
possibility that technicians simply will not know the dangers that may occur as a result of
their work. It is considered unlikely that a technician would knowingly do a poor job with total
disregard to the safety of others.
Time pressures are also a factor. Cable splicing should not, even when done to a very high
standard, take a long time therefore it could be perceived as being of less importance and
treated as such by technicians. Any solution to standardising splicing must consider this; it
cannot take significantly longer to do then stripping the sheathing back, twisting the wires
together and wrapping in tape otherwise it will not be used by technicians.

6. EVOLUTION OF CABLE SPLICE KIT
The first attempt at creating a stand-alone solution was made available as a consumable to
vessels and depots in 2010. The kit comprised a four-gang cylindrical screw terminal
connector, self-amalgamating tape, a tightening tool and a tool to strip the conductors and
outer sheathing.
The correct procedure to install the kit was to cut out the damaged section of cable and strip
the outer sheathing and conductors. The conductors were then inserted into the screw
terminals and these tightened with an Allen key provided. Finally the self-amalgamating tape
was installed to produce a water tight seal. The screw terminals were sized to take all cable
sizes as this varies by manufacturer however variation is small due to similar power
demands combined with the cost of cable leading to the smallest diameter whilst remaining
safe with maximum current draw before the main circuit breaker trips. An example of the kit
is shown below and correctly installed kit is seen in Fig. 4.
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Figure 3 Fast splicing kit

Despite the cable splice kit becoming the only approved way to perform such maintenance
on the fleet of one container owner and the apparent simplicity the problems persisted. Not
only did splices continue to be found as seen in figure one a new problem of the cable splice
kit being used incorrectly emerged. Examples were found where the screw terminals had not
been sufficiently tightened resulting in poor connection and excessive heat buildup.
Improper use of the self-amalgamating tape occurred along with instances where it was
disregarded altogether in favour of tape or no protection at all. The splice kit did not stand up
to tugging, i.e. opposing forces applied either side of the join, and mechanical connections
were compromised.

Figure 4: Initial solution installed correctly

Figure 5: Final solution installed correctly

Initially the connector block was redesigned with the intention of reducing the possibility of
incorrect installation. Fasteners were designed with sheer heads were employed to this end.
This contributed to reducing issues of not being tightened enough or even over-tightening
which could damage the conductor. It remained possible to install the connector block with
insufficient tightening.
Further difficulties in ensuring the self-amalgamating tape was installed correctly required
the whole kit to be redesigned. The designers of the next iteration placed a higher priority on
water tightness and mechanical strength as a result of how the product had been used. High
strength plastic, silicon seals and careful design of the connector block achieved this.
Compromise was made and the cable splice kit no longer included all the tools necessary.
Wire cutting and sheathing removal would require tools that were not supplied with the kit.
Currently cables are spliced with the kit using the following technique. The damaged section
of cable is cut out, external sheathing removed along with a small amount of sheathing from
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the end of each conductor. Between three and six times the wire diameter should be
stripped from the sheathing allowing good connections with no conductor being exposed
outside of the connector block. Once the conductors are located in the screw terminals the
sheer screws are tightened until the heads break off. It is then possible to cover the splice
with the plastic protective casing. If the screws are not suitably tight the head(s) of the screw
will prevent the outer cover passing over the connector block. Tightening the collars at each
end compresses the silicone seals onto the cable forming a water tight seal. Once a good
seal is made it is not possible to undo the collars however this also means that they will not
loosen with time and allow moisture ingress.
Using a cable splice kit designed to make incorrect installation challenging is only a good
solution where the kit is available. In less accessible terminals there will inevitably be a lack
of uptake of such kits due to perceptions that they are surplus to requirements despite
availability and mandatory use. There will also be times on vessels where technicians could
run out of kits if they have numerous cable breakages during a voyage. Unfortunately the
benefits of such solutions will go unrecognised by the technicians who carry out repairs such
as seen in Figure 1 therefore it is possible in the near future that cable splices will either by
of a high standard when completed using the kit or of a very low standard when the kit is
either not available or not used.

7. CONCLUSION
Fires in cables due to poor practices are now an acknowledged problem within the
refrigerated container shipping industry. Whilst defrost heaters and cargoes are reasonably
well protected against the same cannot be said for cable defects. This paper describes a
type of cable splice that if implemented worldwide would help to eliminate the problem.
It is proposed to initiate an ISO standard as an addition to ISO-1496 to clearly define the
types and assemble methods for cable splices.
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ABSTRACT
Refrigerated vehicles used for cold chain are generally built today with «sandwich» panels in which
the insulation is generally made of polyurethane foam. The term polyurethane stands for a family of
insulating materials that in addition to the polyurethane (PUR) also includes polyisocyanurate foams
(PIR). Sometimes vehicles are also realized with expanded polystyrene (PSE). Construction
techniques vary from one country to another and the insulation properties are obtained by means of
expanding gases. These gases have undergone a process of evolution since 1970, when
chlorofluorocarbons (CFCs) were used for the construction of insulated vehicles. Design and
technology continue to adapt to meet the regulatory requirements, improve the performance and
reduce the environmental impact. This paper presents the evolution of construction techniques and
materials used for the manufacture of insulated vehicles. Past, present and future trends in three
key regions: Europe, Asia and North America.
Keywords: Refrigerated Vehicles, Sandwich Panels, Insulating Materials, Expanded Gases,
Construction Techniques, Environmental Impact, Europe, Asia, North America.

1. INTRODUCTION
The demand for cold chain all over the world is growing (Cavalier and Tassou, 2011), but there is no
cold chain without refrigerated transport and no refrigerated transport without insulated and
refrigerated transport equipment. Since the first refrigerated transport by the French engineer
Charles Tellier in 1876 (Tellier, 1910) the transport body insulation was a major issue. The goal of
body manufacturers has always been to construct a lightweight body, having sufficient strength, in
which the insulation could stay dry and maintain its original insulating value. First of all insulation
protects perishable food from temperature excursions and then plays a role for food safety,
especially when there is a break in production of cold in the refrigerated vehicle. However, in reducing
the need of refrigeration, insulation has also an environmental impact contributing to save energy.
An insulated body, in fact, when matched with suitable refrigeration system, should provide
economical temperature control for the foodstuffs being transported or stored. The techniques
developed by engineers and manufacturers changed all along the last 140 years to answer the
evolution of transport from boat cold chambers, to rail insulated coaches since the beginning of the
20th century, to insulated trucks and trailers since 1940’s and finally to insulated and refrigerated
parcels for online sales recently. However insulation is also facing economic, environmental and
legal constraints such as Kigali amendment or European F-Gas regulation on F-Gas mitigation, that
have an important impact both on insulated materials and construction techniques. The agenda of
environmental regulations oblige manufacturers to change some insulated materials within the next
years. It is then important to analyse the different insulated materials currently used, the construction
techniques used by insulated body manufacturers potential and finally to make an assessment of
the potential alternatives for insulated body manufacturing in the near or mid-term future.
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2. INSULATED BODY CONSTRUCTION TECHNIQUES
In refrigerated transport, the insulation of the body is one of the basic elements of the refrigerated
equipment. The cooling power to be produced to obtain the desired temperature inside the cargo
primarily depends on the insulation efficiency, characterized by the so-called K coefficient value.
This coefficient is a parameter to be controlled as required by ATP (the International Agreement for
the Transport of Perishables Goods) of the United Nations, after the manufacturing of the body and
at different moments of the vehicle’s life (after twelve years of life in France, but also after six and
nine years of use in Italy).
The overall insulation coefficient is calculated through the formula:

𝐾=

𝑄
𝑆. ∆𝑇

Eq. (1)

Where Q is the heating power or the cooling capacity, as the case may be, required to maintain a
constant absolute temperature difference ΔT between the mean internal temperature Tint and the
mean external temperature Text, during continuous operation, when the mean outside temperature
Text is constant for a body of mean surface area S. The mean surface area of the body is represented
by the geometric mean of the internal surface area Sint and the external surface area Sext of the body,
𝑆 = #𝑆𝑖𝑛𝑡 𝑆𝑒𝑥𝑡 .

Depending on the value of the K coefficient, insulating vehicles and bodies are classified in:
- Normal Insulated Equipment (IN) when 0.40<K≤0.70
- Reinforced Insulated Equipment (IR) if K≤0.40.
2.1 The First Insulated Bodies
One of the first insulated body was built with a double panel system (see Fig.1) filled with the
insulation material. For the insulation of this refrigerated ship, the “Frigorifique”, Tellier built wood
walls with wood panels of 12 mm covered with wax paper and assembled together with pine wood
spacers of 10 cm for the external walls.

Figure 1: insulated enclosure built with a double panel system (Bogrow, 1982).

The space between insulation walls and the ship’s hull was left open to manage air circulation, and
collection of condensation. The internal wall separating cold chamber and machinery was thicker
with 22 cm on insulating material. In both cases the volume between the wood panels were filled
with either cork or straw when there was no more cork available. The internal face of the walls was
covered with 1 mm plates of galvanised steel. This technique was adapted for the first insulated and
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refrigerated rail coaches in the 1880s. This technique was improved but also used for the first
insulated and refrigerated trucks from 1930s to 1960s. This double bodywork filled with insulating
material remains of poor insulation performance. As stated by Bogrow (1982) in such a system, even
with an insulating material with a thermal conductivity of 0.035 W. m-1.K-1, the overall insulation
coefficient could not be lower than 2.25 W.m-2.K-1, a very high value compared with those of today.
2.2 Sandwich Panels: the European Race to K value
When the new insulating materials appeared in the 60s started, a new conception of the insulated
bodies was developed in Europe. The technique of sandwich panels appeared. Slices of insulating
foam are inserted in between still plates or polyester coverage reinforced with fiberglass. Where it
was hardly possible to reach a K value of 0.50 W.m-2K-1 in the 50s with 150 to 180 mm of insulating
material, it became possible to reach K values of 0.25 with only 80 to 100 mm of insulation: a
tremendous progress in insulation performances. This technique took over the former double
bodywork insulation and from nothing in 1952 reached 65% of the fleet in the 70s and 80s.
The ATP regulation, asking for high insulation performances with a maximum K value at 0.40 for
frozen products, helps to switch from the old to the new technology. With regular test it also brings
to good ageing performances of the equipment such as those presented by the truck shown in Fig.
2, tested at 30 years in Cemafroid with a K value of only 0.46 W.m-2.K-1.

Figure 2: Insulated enclosure built with a double panel system. 30 years old French refrigerated
truck in Cemafroid ATP test laboratory in 2016.

European body manufacturers have also developed injection technologies. The insulating
polyurethane foam is injected in between two skins in a mould. The skin may be made of steel or
polyester. The full body may be made of injected panels or only some components most of the time
doors and openings. Since 1970 all the European production is built with sandwich panels or injected
panels either with polyester or metal skins. Sandwich panels allow very high thermal performances
with a large variety of options and adaptations of the refrigerated transport body. The tests realised
by Cemafroid in 2018 (Capo et al., 2018) underlined the quality of the production of this technology
and its insulation performances even with thin panels down to 55 mm thickness.
2.3 The Race to Power in North America
While in Europe the construction technique with sandwich or injected panes was spreading, in the
US and Canada another construction methodology was developed. The principle of double bodywork
was also abandoned but the US bodybuilders choose a projection technique to insulate refrigerated
transport equipment. In this kind of technique, a galvanised or stainless steel external or internal
bodywork assures the mechanical structure of the body. It is made of vertical steel ribs on which a
steel plate is riveted. On the other face, the polyurethane foam is projected on liquid phase and it is
blowing on the panel. Then the panel is covered either with an aluminium, stainless still or polyester
skin to finish the body. This technique also used in Australia and Asia is far cheaper but offer poorer
insulation performances as shown by Estrada-Flores and Eddy (2006). Over some 100 insulated
bodyworks they found only one with a K value lower than 0.40 W.m-2.K-1. As stated by Smith (2017)
these insulated bodyworks are also far more sensitive to humidity. Smith (2017) related a two
tonnes/vehicle water absorption by insulated bodyworks as “normal”, pointing out that their insulating
performance may easily degrade within two or three years because of regular activities of pressure
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washing. As far as the panels are not sealed they can absorb water which remains in the insulating
material withdrawing its insulating performance and also introducing an important mass of water that
have to be transported continuously. This additional mass of water also requires freezing if the
payload, is deep frozen food. These inconveniences are balanced by installation of more powerful
refrigeration units able to compensate thermal losses, but of course also result in more energy
consumption. These insulated transport equipment are also facing a rapid and heavy aging, with
their insulation performance decreasing rapidly (Fig. 3a and 3b).As a result these equipment have
then much greater energy consumption per year due to higher thermal losses than optimally
operating equipment. They can consume twice or three times more fuel per year. Their global
environmental performance is very low compared to average European equipment.

Figure 3: Two years old insulated Canadian semi-trailer: a) inside and b) after decoating.

3. INSULATED MATERIALS FOR REFRIGERATED TRANSPORT INSULATED BODIES
3.1 Natural Materials for Insulation of the First Refrigerated Transport Equipment
For the insulation of the cold room of the “Frigorifique”, Charles Tellier selected cork. Air would be
the best insulating component after vacuum if it was possible to stop convection effects. It was
necessary to find a way to encapsulate it in a material capable to store the largest amount of air.
Tellier identified cork for its qualities, which at the time was not used as an insulating material. Cork
has an important capacity of air storage, it is also waterproof which is an important quality for
insulation in a boat and its thermal conductivity is around 0.040 W.m-1.K-1. Cork has been used for
many years to insulate refrigerated boats. When the first insulated and refrigerated rail-coaches
appeared in the 1880s cork was used as insulating material in between two wood panels. The first
insulated trucks in the mid-thirties in United States and in the mid-forties in Europe also used cork
encapsulated in between two wood panels. Cork is a very good natural insulation material, and
harvested properly may be a renewable material; nevertheless its production is rare and not sufficient
for the world insulation demand, neither in 1876 or nowadays. To insulate the “Frigorifique”, Tellier
hardly found enough cork. To realize the full chamber insulation he was obliged to complete the
insulating material by filling it with about 30 m3 of chopped straw cut at 1 cm long. Chopped straw
presented also good insulation properties but not so high than cork having a thermal conductivity
around 0.070 W.m-1.K-1, which is nearly twice than the thermal conductivity of the cork. Chopped
straw is also less waterproof. In the 50s, cork was abandoned for other insulating materials such as
glass-wool and rock-wool (Bogrow, 1982). These materials have thermal conductivity around 0.045
W.m-1.K-1, comparable to that of cork but present also the important advantage of being far lighter
and may be inserted in insulated transport bodies through the same technique used for cork.
Nevertheless these materials have no mechanical resistance and are sensitive to humidity. They
can absorb water in large quantity and totally lose their insulation performances.

3.2 The Impact of New Regulations on Refrigerated Transport between 1950 and 1970
The regulation on the refrigerated transport equipment with the French regulation of 1952 and the
United Nations economic commission for Europe ATP agreement of 1970 impacted the construction
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of transport equipment. The thickness of insulating material necessary to fulfil the requirements of
these new regulations depends of its performance and the thermal conductivity. With the above
solutions a minimum of 150 to 200 mm are necessary. These thicknesses reduce the useful transport
volume and the payload of the truck or trailer. In the 60s the invention of new insulation materials on
the market with the chemical foams was a very good opportunity for body manufacturers of insulated
transport equipment. These foams offer a new characteristic with a rather good mechanical
resistance offering new assembling possibilities. They are also far lighter than cork and not so
sensitive to humidity than wools. First appeared Polyvinyl first appeared then polyurethane and
polystyrene. Their thermal performance is far higher than cork, rock or glass wools. The excellent
insulation properties of these materials are obtained through the use of blowing agents that have a
low value of thermal conductivity. Depending on the blowing agent, the thermal conductivity of
polyurethane foam is between 0.022 and 0.028 W.m-1.K-1, twice lower than those of cork and wools.
Nevertheless, due to the presence of these blowing agents, these foams have as major
inconvenience a strong direct environmental impact. The first blowing agents used to foam
polyurethane were chlorofluorocarbons (CFC) such as R-11. Due to the high ozone depletion
potential (ODP) of these agents, they were prohibited by Kyoto protocol. They were replaced in the
1990s by new blowing components mainly in the family of hydro chlorofluorocarbons (HCFC) such
as R-141B. Then the HCFCs were also prohibited for their ozone depletion potential. In 2005 HCFCs
were replaced by other blowing agents: cyclopentane, pentane and CO2 were introduced to blow
the polyurethane foams reducing strongly both ozone depleting potential and global warming
potential (GWP). For polystyrene hydrofluorocarbons such as R-134a were introduced.
3.2 New Challenges for Chemical Insulation Foams
The insulation performance of the row foams have slowly decreased with these different changes of
blowing agents. With European F-gas and Kigali amendments, HFCs will also soon be abandoned.
HFCs have low ODP but they still have important GWP (1430 kg of CO2/kg in the case of R134a).
At the same time new blowing agents, including HFO's, have been tested. Manufacturers have also
introduced new components in the foam mix such as carbon powder to improve their performance.

4. ALTERNATIVES FOR TRANSPORT INSULATED BODIES IN THE NEAR AND MIDTERM FUTURE
4.1 A Tremendous Potential of Improvement
In 2016, Cemafroid made a global assessment of the refrigerated transport fleet. Among the 4 million
refrigerated trucks, trailers and semi-trailers in service in the world, 1 million are in Europe, 110 000
in China, 14 000 in South Africa and 10 000 In India. Considering the number of pieces of equipment
in service worldwide, the effect of refrigerated transportation on the environment is not negligible. If
the first regulation of refrigerated transport equipment were drawn only for food security and food
safety, more recently regulations appeared to be also quite efficient for environmental issues
mitigation as underlined by Cavalier (2016). The equipment rate is ten times more important in
developed countries than in developing ones. On average there is one refrigerated vehicle for every
450 inhabitants in developed countries with respect to one vehicle for every 4 400 in developing
ones (Cavalier, 2016). Although there is this disproportion among the different parts of the world,
refrigerated transport is progressing and developing all over the world. This progress is needed to
reduce the 360 million tons of perishable goods wasted every year in the world (Dupont, 2009) and
it will be possible by the dissemination of the best refrigerated trucks manufacturing process but also
by using new insulating materials and improved construction methodologies.

4.2 New Insulating Materials: Race to Thermal Conductivity
Facing the challenge of insulation performance and sustainability, insulating material manufacturers
have developed new products. Polystyrene manufacturers must replace HFCs R134a as blowing
agents in extruded polystyrene (PSE). They have proposed new PSE versions introducing graphite
in the foam with a reduced quantity of R134a or without. They are replacing it with CO2 or
hydrocarbons. This allows to keep the same insulating performances or to increase them while
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reducing the environmental impact. Polyurethane manufacturers are producing HFCs free foam
since 15 years, nevertheless they are trying to improve the insulation performances. They are testing
new chemical mix for the foam but also new blowing agents such as hydrofluorooloeines (HFO).
They are announcing higher thermal performances with thermal conductivity lower of ten percent.
Insulating material manufacturers have also introduced products such as vacuum insulated panels
(VIP). VIP has higher performances but requires new assembling technologies. They can be
introduced in sandwich panels but thermal bridges should not reduce the advantage of their
insulation capacities. There are already commonly used for high performances insulated and
refrigerated parcels, but still in test in refrigerated transport vehicles.
Aerogels, derived from silicate materials, present also very high insulation performances but with
very low mechanical resistance alone. They represent a structural morphology (amorphous, opencelled nanofoams) rather than a particular chemical constituency.
They are already used in some insulated parcels for distribution of very high value products. They
have been tested on reefer and tested by bodybuilders. They are among the most powerful insulation
materials for the future since they offer several benefits over polyurethane foam and vacuum
insulation panels. The principal benefits are superior insulation properties when compared to PU
foams and a possibility of an absence of ageing that traditional materials exhibit. However, the use
of such materials will prevent challenges as it does not have the structural strength that foam has
especially when incorporated into a sandwich panel that many structures now rely on (Lawton and
Marshall, 2007).
4.3 New Construction Scheme
Even with the best insulating material the global insulation performance may be low if the
construction is not of good quality. The comparison between the overall insulation coefficient K
measured according to ATP and the theoretical coefficient for a body only made with foam shows
the potential of improvement for trucks and trailers insulation. Fig. 4 shows this comparison for
fourteen prototypes of semi-trailers tested in Cemafroid test chamber following the methodology
described by Capo et al. (2018). The white bars with the defined contours represent the theoretical
K values for the prototypes, respectively Kp-th and the filled bars represent the measured K values for
these prototypes, Kp. The theoretical K value is always lower than the measured one. As pointed out
by Capo et al. (2018) this is mainly due to the non-ideal foaming process, the thermal bridges and
non-perfect sealing of the body. The theoretical K values were calculated by using the same formula
introduced in Capo et al. (2018):
Si

Kt h = l

åd

i

åi S i
n

Eq. (2)

Where, λ is the initial thermal conductivity of the foam, while Si and 𝛿i are respectively, the mean
surface and the thickness of the i-th wall of the insulated body. Eq. (2) gives an ideal reference value
that neglects the thermal bridges and to geometric singularities. Most of these thermal bridges are
due to wood or metal inserts necessary to clamp the body on the chassis, to fix the refrigeration unit
on the body and moreover to install all the accessories inside the vehicle. New mechanical structures
have been imagined such as carbon fiber bodywork directly insulated. This sandwich insulated
carbon fiber body work would replace the assembled sandwich panels. Other structure modifications
are also necessary to improve the connexion between refrigeration unit and bodywork. Evaporators
and condensing unit are developed separately from the body while there are a lot of connexions and
potential improvements with a strong reduction of thermal bridges. The tests of new ATP equipment
conducted by Cemafroid in 2018 show an impact of the refrigeration unit installation of around
0.02 W.m-2.K-1 that is to say a deterioration of some 5 % of the K value of insulated bodywork even
before its first utilization.
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Figure 4: Comparison between theoretical and measured K values for 14 prototypes semi-trailers.

5. CONCLUSIONS
The 4 million fleet of refrigerated transport equipment may be classified in two major types: i) a high
quality well insulated and quite well aging class built with sandwich panel technology mainly in
Europe and, ii) a low cost, short living and poorly insulated class. Nevertheless, after eighty years of
road refrigerated transport development in the world to face environmental and energy challenges
both kind of refrigerated transport vehicles should change. Insulated bodies manufacturers should
reduce direct impact on global warming banning the use of HFCs as blowing agents for insulating
foams and the energy consumption by increasing the insulation performances. After 50 years of
stability of the production it is certainly time to improve their performance and quality all over the
world. It is the opportunity to strongly reduce the environmental impact of refrigerated transport.
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ABSTRACT
Refrigerated marine containers are insulated with expanded polyurethanes foam. This foam has
excellent structural and thermal insulation properties which is fundamental and key to the
containers’ design.
Due to environmental regulations, foam expanding agents such as CFC’s HCFC’s and now HFC’s
have been gradually and sequentially banned. Currently, the polyurethane foam expanding agent
most commonly utilised is cyclopentane; like its predecessors it gradually leaks from the foam
causing an increase in thermal conductivity known as “ageing”.
Ageing data for containers insulated with polyurethane foam expanded with cyclopentane is
presented over a number of years for both 40’ and 20’ containers. An estimate is made of the
increased energy consumption commensurate with this increase over the lifetime of the container.
The results of this investigation has been incorporated into the latest version of standard ISO 14962 which now contains an informative annex describing this ageing.
Keywords: Blowing Agent, Foam, Insulated Container, Insulation, Intermodal Transport

1. INTRODUCTION
Insulated containers for carriage of temperature sensitive commodities come in many different
designs depending upon the intended application. Such containers may be small with no auxiliary
refrigeration system with an internal volume of less than 1m3 and up to 87m3 for road transport.
Some regions permit larger vehicles than this however they are not approved for use in many
countries and shall not be considered in this paper.
Common to many insulated containers is the use of expanded polyurethane foam and structural
components. Increasingly energy efficiency regulations require improvements on existing
coefficients of performance of refrigeration systems. Improving insulation is a very important part of
reducing overall emissions as the heat flowing through the walls directly impacts upon the duty
cycle of a refrigerating appliance. For small containers with no refrigeration system the impact of
heat flow through the walls limits the duration that a commodity may be transported before product
temperatures become unacceptably warm. The severity of such temperature excursions varies
between minimal effect, such as a frozen cargo warming to a temperature still below -12°C, to
cargo loss due to microbial/bacterial growth on raw meat. Reducing cargo loss is beneficial to
society as a whole as the entire cold chain becomes more efficient.
Current regulation with regards to maximum heat leakage detailed in ISO 1496-2:2018 only
mandates determination of overall heat transfer when a container is new and in good condition.
Despite standards such as ISO 2440:1999 containing methodologies for ageing tests and previous
papers by Wilkes et al (2002) and Cavalier et al (2016) with regards to increases in heat leakage
over the lifetime of equipment the effects of ageing are often ignored from a regulatory compliance
perspective and also calculations based upon the lifetime of a system. Insulated marine containers
have an expected lifetime of 15 years and sometimes more therefore small changes in overall
system (combined container and its refrigeration machinery) efficacy can greatly affect the energy
consumption which has economic and environmental consequences as more power is required to
maintain sufficient temperature control.
The ageing of polyurethane foam is only part of the deleterious effects of time and service as the
structure of a container experiences wear and damage further contributing to increased thermal
conduction to the cargo space.
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2. MECHANISMS OF AGEING
Regardless of mechanical abuse that containers are subjected to throughout the cold chain
chemical ageing will occur in the blown foam panels over time. Foam ageing is, in ideal conditions,
the biggest contributor towards increased thermal transfer. Taking a typical refrigerated thermal
container of sandwich panel construction with a 2mm Al external wall, a 50mm blown polyurethane
foam interior and a 2mm Al internal wall and assuming a 40K temperature gradient we can
calculate the influence of the foam on the total temperature change. The heat flux across each
material interface must be equal due to conservation of energy therefore:

𝜆 · 𝛥𝑇
𝜆 · 𝛥𝑇
𝑞= $
=$
*
*
𝐿 +,-.
𝐿 -/0.1210.

Eq.(1)

Thermal conductivity values of polyurethane foam and Al are 0.03 and 205W·m-1·K-1 respectively.
The total temperature difference is equal to:
𝑇345 − 𝑇125 = ∆𝑇+,-. + 2∆𝑇:/ = ∆𝑇

Eq.(2)

And by substitution:

∆𝑇 = ∆𝑇+,-. · ;1 + 2 ·

𝜆+,-. · 𝐿:/
= = 1.00001∆𝑇+,-.
𝜆:/ · 𝐿+,-.

Eq.(3)

It is apparent that the heat transfer is mostly dependent upon the condition and quality of the
insulating foam. Although the calculated value will change depending upon design and application
of containers the heavy dependence upon the foam remains a valid assumption. During fabrication
voids in the container are filled with foam and a blowing agent used to ensure homogeneity and to
displace air and moisture.
Construction of containers has a structural bias as the integrity is of the utmost importance as
failures could lead to serious injury or death in addition to cargo loss. The mechanical joints of
marine thermal containers are rarely gas tight therefore the blowing agent will escape over time. In
addition to this moisture and other contaminants will enter the foam further reducing its efficacy.
Mechanical damage to the protective Al skin from forklifts and/or pallet trucks inside and external
impacts during ship-shore transfer can have an adverse effect on the encapsulated foam. Varying
degrees of delamination occur which exposes the foam to the surrounding atmosphere. This is not
accounted for with the testing conducted however moisture absorbed into foams is detrimental to
insulating capacity. Impacts from movement apply stresses and strains to the mechanical joints
which have to absorb the force which requires some flexibility in the structure which is not ideal for
keeping the foam from exposure to contaminants.
The rate of increase in heat transmittance is greatest near the start of the container life cycle as air
and other contaminants are absorbed into the foam. Once the foam has absorbed an unknown
quantity of contaminants the blowing agent will, via diffusion, be displaced from the foam which will
produce a slight rise in thermal transmittance but significantly less than the initial rises observed so
far. It is theorised that the effect of contaminants initially entering the foam is of greater impact to
the insulating properties than the displaced blowing agent.
At some point the insulating foam will lose all of its encapsulated blowing agent and reach a
saturation point of contaminant absorption. Increases in thermal conductivity will plateau before the
container reaches the end of its life as all of the blowing agent will have escaped and some
maximum amount of foreign particles (eg moisture) will have been absorbed into the foam. It is not
clear when this happens as continued testing over a four year period by the authors has not
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produced a flat line with the thermal transmittance increasing each time at a relatively constant
rate. Wilkes et al (2002) found that initially thermal conductivity rose quickly before slowing down.

3. CONSIDERATIONS FOR MARINE THERMAL CONTAINERS
Continued testing approximately every six months has been conducted on two 6.1m (20’) marine
containers. Testing has been performed in accordance with ISO 1496-2:1996 at two mean wall
temperatures, 10°C and 20°C with both tests having a 20K temperature gradient from internal to
external surfaces. Heat balance was used to maintain the temperature difference and a circulation
fan employed to ensure minimal temperature spread through the conditioned volume. 24
thermocouples, 12 internal and 12 external, were used to record temperatures, these were located
140mm from the corners internally and externally along an axis extending through opposite corners
via the centre of the volume. In addition thermocouples were placed 100mm parallel to the centre
point of the four largest surfaces internally and externally. The results of testing were calculated
over an eight hour period following a stability period. Over the course of eight hours the power
fluctuations were below 3% and the average temperatures inside and out typically varying by
<0.5K. Overall average figures were used to obtain thermal transmittance.
The 6.1 m containers arrived in Cambridge in mid-2015. One was stored internally and in use at
around 25°C for 2 years before being repositioned to outside storage which averaged an ambient
temperature of 10°C, the other remaining outside for the duration. Data is presented for both 10°C
and 20°C mean wall temperature tests however showing relatively constant differences. Testing
both mean wall temperatures show the same trend although the results are not directly comparable
due to the refrigeration system properties. Thermal conductivity varies approximately linearly with
temperature and Kay (1963) gives an equation for this:
𝜆 = 𝜆@ [1 + 𝛽 · (𝑇 − 𝑇@ )]

Eq.(4)

The subscripts 0 refer to a standard reference point that the thermal conductivity is corrected from.
For polyurethane foams the temperature coefficient is positive which sees thermal conductivity
reduce with temperature whereas for most metals this is negative. The result of this is increased
heat leakage through the machinery in colder ambient temperatures. Metal does not age as the
foam does therefore any change in thermal transmittance of the container and machinery is
entirely due to physical differences in the foam as it ages. Blowing agents are more temperature
sensitive than foam and air so as it becomes displaced the curves for 10°C and 20°C
transmittance values should converge to a degree which will give higher values at lower
temperatures than would obviously be expected.

4. RESULTS OF TESTING
The results of testing can be seen in the graphs below. Thermal transmittance has been
normalised to the manufacturer indicated value at 20°C. No value is given for 10°C therefore the
results have been extrapolated to an age of zero and this value used for normalisation. Testing has
been conducted on two 6.1m containers with the same refrigeration systems fitted and
manufactured at the same time. One container has had light use and the refrigeration machinery
changed several times before replacing the original system for thermal testing.
Combined standard uncertainty is shown for the measured thermal transmittance. Throughout
testing the combined standard uncertainty has been between 3.5 and 4% with the average value,
3.7%, plotted.
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Figure 1: Thermal transmittance of a 6.1m container (machine changes)
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Figure 2: Thermal transmittance of 6.1m container (no changes)
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5. DISCUSSION OF RESULTS
The relative increase in thermal transmittance measured during the 10°C tests is greater due to the
contaminants being less temperature sensitive, i.e., having a lower temperature coefficient, than
the blowing agent displaced therefore having less impact on the overall insulation. This was
expected as mentioned in section three of this paper although the zero-day value is not known.
It is apparent that the thermal transmittance is plateauing and in keeping with one off tests on older
containers performed by the authors for other testing purposes. Assuming that the rate of
increases decreases to a negligible amount in the near future it will be shown that the majority of
the ageing occurs in the first two and a half years with a significant amount occurring in the first
year alone. For this reason it is considered that whilst manufacturer data is a useful comparative
figure for potential customers to compare different options it is not a suitable figure to base
economic calculations on. The power consumption of an intermodal container is many times more
than the initial cost of the machinery therefore the actual heat leakage is of great relevance.
Data gathered throughout testing is on only one design of container and both made by the same
manufacturer. It is not known if the rate at which other designs or manufacturers’ builds is constant
although given the similarities it is reasonable to assume that the ageing rate is at least
comparable.
Further, the point at which the manufacturer-specified transmittance was obtained is unknown.
Currently no standard exists to mandate testing within a given time period from a container coming
off a production line. A blowing agent and its encapsulating foam undergo an exothermic reaction
whilst they set. If a test is conducted in this window the internal heating method yields a lower
value of transmittance as the chemical interaction is not accounted for. The magnitude that this
may affect a result is also not known due to the impossibility of getting such a new specimen to a
suitable independent environmental test chamber.
The trend shown by the graphs of thermal transmittance versus age is in keeping with work done
by others (Wilkes, 2002) on smaller insulation samples however this is almost certainly a lower
estimate of the increases in thermal transmittance of in-service containers. The specimens tested
have only been lifted by a crane a handful of times and have been not been exposed to internal or
external mechanical damage from general logistical operations as a container would in normal
service. Frequent moving by cranes and fork lifts combined with vibration when undergoing road
transport inflict mechanical wear to joint, seams and structurally integral components which will
lead to higher rates of ageing then observed throughout testing.
Typical testing of insulating assemblies recorded in textbooks and academic papers are on smaller
samples and often measure conductivity rather than transmittance. Given area and thickness
conductivity can be used to calculate transmittance. Differing materials age at different rates
however, as discussed in section three, only the foam will affect the overall transmittance. It is
considered that once the blowing agent has entirely dissipated from the foam and the saturation
point of contaminants has been reached ageing will no longer occur. Beyond this point the only
noticeable effects on thermal transmittance will be mechanical damage inflicted (ie loss of material)
which it is not really possible to account for and is not ageing as considered by this paper. Damage
will of course increase thermal transmittance to values higher than that seen during testing.
It is not clear how the results translate to other forms of insulated boxes such as road transport or
cold storage due to differing construction techniques and materials. It is thought that the blowing
agent and foam part will age in a similar way to that seen in marine containers however the nonfoam components of other structures may have more or less effect on the overall heat
transmittance.

6. IMPACT ON ENERGY CONSUMPTION
Operational modes of marine thermal containers have been estimated by the authors using data
downloads supplied to them – around 2.5x105 hours have contributed to the figures. The analysis
does not include any periods of obvious malfunction however it is not known if the figures are
representative of the global fleet of approximately 1.3x106 currently in service. The approximate
split between frozen and chilled operation is 40% and 60% respectively although this will vary by
container owners with regards to their respective industries.
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Taking a global average annual temperature of 15°C and a nominal heat leakage rate of 42W·K-1
average heat leakage figures can be calculated to be 630W and 1386W for chilled and frozen
cargos respectively. Data obtained by the author’s shows that over four years around a 20%
increase on the base figure of heat leakage occurs. This increases heat leakage values from 630W
and 1386W to 756W and 1663W. Estimating three voyages of approximately six weeks per year
the total time on power is around 3024 hours. During this time an extra 381kWh of energy flows
through the walls at chilled setpoints compared to the maximum permissible heat leakage
mandated by ISO1496-2. For frozen setpoints this increases to 838kWh annually. The ageing
effects observed should begin to slow imminently if the containers behave as aged samples of
foam sandwich panels have. Multiplying the extra power consumption by an expected lifespan of
15 years the total excess heat load placed on a refrigeration system is 3429kWh and 5029kWh for
chilled and frozen setpoints respectively totalling 8459kWh over a 15 year time period.
Applying this to the fleet of reefers an extra 1.95x109 kWh of heat per annum must be removed to
maintain temperature control compared to when assuming a starting heat leak of 42W·K-1. This is
in addition to heat being removed if the heat leak were 42W·K-1 which accounts for around 80% of
the heat ingress.

7. CONCLUSIONS
Given the clear trend of increasing heat leak with time it is in the industry’s best interest to
incorporate it is as factor for any economic calculations involving power consumption. Although the
testing has been conducted on containers from the same manufacturer and from the same factory
there is no reason to believe that any large deviation from the trend would be observed in a
comparable specimen from a rival company.
Increases in energy consumption due to ageing are of both economic and environmental
significance. Testing also shows that the degraded insulation allows more heat flow therefore
reducing the time a container can be off-power during critical logistics therefore increasing the
possibility of a cargo being rejected due to excessive temperature along with accompanying rise in
food waste.
Results of laboratory testing by accelerating ageing of foams appear to yield results similar to
those seen in containers however the initial increase in conductivity is slower in containers and
most likely due to the foam ageing whilst the metallic superstructure does not.

NOMENCLATURE
q
T
β

heat flux (W×m-2)
temperature (°C)
temperature coefficient (K-1)

λ
L

thermal conductivity (W×m-1×K-1)
thickness (m)
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ABSTRACT
Food is lost or wasted worldwide throughout the supply chain, from initial agricultural production
down to final household consumption. Thanks to the possibility of reducing bacterial growth in
perishables goods through refrigeration, refrigerated transport represents a key element in the cold
chain to reduce food losses and preserving its quality at all stages. International, European and
French regulations impose obligations of means and results. During distribution of perishable
goods, carriers must comply with the temperatures set by the regulations. These temperatures are
fixed for the internal environment of the vehicle and the delivered products. This paper presents a
socio-economic analysis of the losses during the refrigerated transport. With the aim of identifying
the critical points encountered during transport, a wide population of carriers is called to respond to
an ad-hoc created survey. This survey connects the problem of food losses to the maintaining of
the correct temperature through the assessment of temperature excursions, their frequency and
their costs. Results of this survey, already available for more than thirty carriers, are presented in
this paper.
Keywords: Food Losses, Refrigerated Transport, Regulations, Socio-Economic Analysis, Survey,
Carriers.

1. INTRODUCTION
Food is lost or wasted worldwide throughout the supply chain, from initial agricultural production
down to final household consumption (FAO, 2011). This problem is to be solved to feed those 795
million people in the world that were undernourished in the period 2014–16 (FAO, 2015). Whether
in industrialized countries the food wastage problem is due to an excess in food production, in
developing countries the causes of food losses and food insecurity are to be found in poor and
unhygienic handling and storage conditions and in the lack of infrastructure for transportation,
storage, cooling and adequate temperature control. Thanks to the possibility of reducing bacterial
growth in perishables goods through refrigeration, refrigerated transport represents a key element
in the cold chain to reduce food losses and preserving its quality at all stages, from production to
consumption (Capo et al., 2018). Nowadays refrigerated transport vehicles are able to maintain the
appropriate temperature all along the transport. Nevertheless interfaces between transport and
cold stores, cold rooms, supermarkets, shops or restaurants are still critical. Doors openings
remain a weak point of cold chain. It is well known that in order to be efficient, application of cold
has to be continuous, from harvest or processing, to the consumer’s plate: the performance of the
cold chain is equal to the performance of its weakest link. The development of the cold chain has
to face a real challenge: to continue preserving food quality and safety and at the same time, to
create the smallest possible carbon footprint (Guilpart, 2010).To guarantee the continuity of
temperature all along the cold chain regulations and commercial contracts demand temperature
traceability and controls and deliveries are rejected when the temperature of the load does not
comply with those prescribed by actual regulations, such as the ATP (the International Agreement
for the Transport of Perishables Goods) of the United Nations and the Regulation (EC) No
852/2004 of the European Parliament and of the Council. These rejections draw most of the time to
the destruction of the products with an important economic, environmental and social impact but
also deterioration of the professional and commercial relation between the transporter and his
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customer. But the engagements are on the product temperature and most of the time only air
temperature is measured and registered creating disagreement between the parties.
Willing to reduce these temperature conflicts with their customer, to avoid the losses of products
and mitigate their impact on environment, and to save money refrigerated transport companies
decided to search new ways to measure temperature during the transport and its interface or to
analyse it. This will allow setting common rules between transporters and industries, and then
reducing the conflicts. Before searching technical solutions, it was interesting to know and analyse
the real social and economic impact of food losses due to temperature excursions during transport.
This article presents the study done among the French refrigerated transport companies to
understand the importance of temperature problems, their origin and their impact. It was conducted
by cold chain experts of Cemafroid and Montpellier Busines School. It first presents the
methodology and the questionnaire and describes the companies who answered the questions,
secondly it presents temperature problems and their economic impact and finally analyses the
practices implemented by the companies.

2. METHODOLOGY AND QUESTIONNAIRE
2.1 Questions
A questionnaire was prepared including 47 questions gathered in five categories.
The first part was dedicated to the description of the companies with their turnover, staff, number of
sites, their refrigerated transport fleet with the number of equipment, ownership and their mean
age, the transport activity and the transported products.
The second part aimed at identifying the temperature problems during transport with the
implementation of regulation, the registration of temperatures during delivery, and the problems
faced during transport, their nature, their frequency, cost and importance, and the number of
conflicts. The third part analysed the contracts between transporters and their customers.
The fourth one was dedicated to the temperatures controls done by the customers at the reception
of the load, the procedures implemented, the training of the drivers, the methodology for
temperature registration, equipment used, metrology, registration frequency.
The last part concerned the communication of the transport company with its customers and the
information given on temperatures. Before its dissemination the questionnaire was tested by three
refrigerated transport companies. These tests served to adapt and complete the questions. The
questionnaire was proposed online to a restricted public composed of the management of
refrigerated transport companies.
2.2 Sample of Transport Companies
A total of 20 companies representing the diversity of refrigerated transport business answered to
the 47 questions. Most of them are small and medium companies (SMEs) as shown in Fig.1a and
Fig. 1b. As represented by these figures they have, in fact, a turn over under 50 M€ and a staff
under 250 people. 35% of the 20 companies have less than 100 employees, 25% between 101
and 300 and, 40% more than 300 (Fig.2). Only 20 % of these companies operate more than 5 sites
and 40 % have only one or two and 89 % of them only operate from France while 11 % have sites
in other countries in Europe.
more
than
50M€
28%

a

Annual turnover

Number of employees

0-10 M€
22%
more
than 300
40%

10-50
M€
50%

b

1 to 100
35%

101 to
300
25%

Figure 1: a) Annual turnover of the companies; b) Number of employees of the companies
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3. THE REFRIGERATED TRANSPORT FLEETS
The size of the fleet varies a lot among the 20 companies as shown in Fig. 2a. Most of them, 40 %
have between 51 and 200 refrigerated transport equipment, 35 % between 1 and 50 and 25 %
more than 200. The average age of the fleet is detailed in Fig. 2b and half of the companies have a
fleet with an average age of 4 to 6 years, 35% between 7 and 9 and 15 % lower than 3.
Number of refrigerated transport
equipment
more than
200
25%

1 to 50
35%

51 to 200
40%

a

Average age of refrigerated transport
equipment
less than
3 years
7 to 9
15%
years
35%

4 to 6
years
50%

b

Figure 2: a) Refrigerated transport fleets; b) Average age of the fleets

The ownership of the fleet may also have an importance. 80 % of the companies own their fleet as
detailed in Fig. 3a.
Type of ownership
Bought with a
part of full
service rent
5%

Rent (full
service
contract)
10%

Type of transport operations
Both transport
(for
themselves
and for other
companies)
15%

Bought with a
part of
financial rent
5%

a

Bought
80%

Transport for
other
companies
85%

b

Figure 3: a) Type of ownership; b) Transport activities of the companies

Fig. 3b shows that most of the companies who answered the questionnaire are doing transport for
other companies and the other 15 % are doing both transports for others and for themselves. The
60 % are doing long distance and distribution operations and 40 % only distribution. For years long
distance refrigerated transport has strongly decreased in France.

4. TEMPERATURES ISSUES DURING REFRIGERATED TRANSPORT
4.1 Products Transported and Temperatures
The temperature issues depend first of all of the transported products which have all their own
temperature limits. The products transported by the companies who answered represent the
variety of perishable foodstuff transported under controlled temperature and their proportions are
not too far from the percentages of consumption in France as shown in Fig. 4. Their transport
temperatures are ruled by the European regulations, 178/2004, n°852 and 853/2004, also called
“food law”.
Transported foodstuff
Milk
frozen
products
foodstuff
8%
16%
fresh meat
8%
all products
fresh
40%
seafood
8%
Fruits and
vegetables
20%

Figure 4: Transported foodstuff.
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4.2 Temperature Measurement and Recording and Controls
Transports companies have been questioned on the temperature measurement and recording
during transport. As shown in Fig. 5a, 60 % of them systematically record air temperature during
transport operations, but 5 % never do this temperature relief.
Frequency of temperature recording
during transport

Frequency of temperature recording by
authorities

Never
5% Rarely
10%

I don't
know
5%

Sometime
s
10%
Always
60%

Often
15%

a

Never
10%

Quite
rarely
(around
5% of
cases)
85%

b

Figure 5: a) Recording policies; b) Frequency of temperature recording.

These temperatures may be controlled on the road by police, customs or veterinary services. Only
10 % of the companies said having never been controlled. For the others, controls are rare as
presented in Fig.5b.
4.3 Type and Importance of Temperature Problems Encountered in Refrigerated Transport
The most commonly reported problem of temperature in refrigerated transport is the rejection of
the delivery due to excursions of temperatures during transport operations. As shown in Fig.6a,
only 10 % of the companies never met load rejection due to temperature excursions. And 30 %
faced more than ten rejections during the last two years. Even if according to Fig. 6b, 88 % of them
acknowledge the economic impact is less than 0.5 % of their turnover, 6 % declare it is between
1.1 and 2 %. With an average result of 1 % in 2012 according to Meyronneinc (2013), these
rejections are at a great level and may impact the sustainability of these companies.
Economical impact in % of annual
turnover

Frequency of delivery rejection during the last
two years
never
10%

0,6 to 1%
of turnover
6%
Up to 4
times
45%

more than
10 times
30%
5 to 10
times
15%

a

1,1 to 2%
ofTurnover
6%

less than
0,5% of
Turnover
88%

b

Figure 6: a) Delivery rejection due to temperature excursions during transport; b) Economic impact
in % of turnover of load delivery rejection due to temperature excursions.

These problems may come from the initial temperature of the load. The study reveals in Fig. 7a
that 80 % of the companies rarely refuse to load on products that are not at the right temperature,
5 % never and 15 % sometimes. Nevertheless the evaluation of these costs remains difficult to
evaluate for25 % of the companies.
How often do you refuse to load foodstuff
out of the temperature range?
Sometimes
(around
20% of
cases)
15%

a

Evaluation of economical costs

Never
5%

Quite
rarely
(aroud 5%
of cases
80%

Easy to
evaluate
35%

b

Very
difficult to
evaluate
15%
Quite difficult
to evaluate
10%

Quite easy
to evaluate
40%

Figure 7: a) Delivery rejection due to temperature; b) Economic impact of delivery rejection.

Globally the companies consider they are well reimbursed by the insurances as shown in Fig 8a.
The abusive rejections are rare for 65 % of the companies and occur sometimes for 30 % as
shown in Fig.8b.
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Insurance coverage of the
temperature failures costs
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know
10%

a

Very
well
covered
by
insuranc
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delivery due to false
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Commercial conflicts due to
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transport
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(Around
20% of
cases)
30%

I don't
know
5%

Really
often
5%

Never
5%

Often
5%
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(around
5% of
cases)
65%

b

Rarely
45%

Someti
mes
40%

c

Figure 8: a) Reimbursement by the insurances of the temperature problems; b) Abusive rejection of
load delivery due to false temperature excursions; c) Commercial conflicts due to temperature
excursions during transport.

4.4 Contracts
Refrigerated transport unions developed a model of transport contract ruling the relation between
the transport company and its client including the issues of temperature. It is surprising to see on
Fig. 9a that only 55% use it systematically.
Controls required by the contract

Type transport contract
utilisation
Rare
10%
Syste
matic
55%

a

Someti
mes
15%

Rather
often
20%

No temp.
registratio
n
5%
Systemati
c
Transmissi
on of
temperatur
e records
5%

b

do not
know
10%

Temperature control
frequency imposed by the
contract

others
5%

Systema
tically
15%
transmissi
on of
temp.
records on
customer
demand
75%

Rather
often
30%

c

Rarely
10%

Some
times
45%

Figure 9: a) Utilisation of the type transport contract; b) Controls required by the contracts; c) Temperatures
controls frequency.

Only 5 % of the clients require systematic transmission of temperatures recording as seen on
Fig.8b.The transport companies themselves have different practices for temperature recording as
shown by Fig.9c, and only 15 % do it systematically.

5. TEMPERATURE CONTROL AT RECEPTION AND DURING TRANSPORT:
EQUIPMENT AND METHODS
5.1 Temperature Control at Reception
Most of the problems of temperatures came out of the reception control. These controls are
contradictory between the driver and the receptionist in 75 % of the cases as shown by Fig 10a.
Nevertheless Fig.10b reveals that in 57 % of the cases there is no clear methodology for these
controls.
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Method used by the client to control
temperatures

Controls are realized by:

Contradict
ory
between
the driver
and the
receptioni
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75%

Procedures
established
by external
experts
5%

I don't know
19%

By the
client
alone
20%

I don't
know
5%

Never do the
same
operation
14%

a

b

Procedures
established
internally
and known
in the
company
38%

No
procedure
but always
the same
operation
24%

Figure 10: a) Who is realising the controls? ; b) Method used by the client to control temperatures.

Fig. 11a reveals that for the control of these temperatures in 54 % of the cases the equipment is
not appropriate or not known. In 39 % of the cases infrared pyrometers are used. Another issue is
underlined by Fig.11b with 15 % of the drivers which have not been trained and only 15 % who are
trained regularly.
Equipment used by the client
legal
metrology
thermometer
4%

Training of the drivers for the control of
the temperatures during load and unload

I don't know
15%

None have
been ever
trained
5%

Infrared
pyrometers
(laser)
39%

Picking
sensor
thermometer
42%

Regularly
15%

Only few
drivers
have been
trained
10%

a

All drivers
have been
trained at
least once
70%

b

Figure 11: a) Equipment used by the client; b) Training of the drivers for the control of the
temperatures during load and unload.

Nevertheless 85 % of them as shown in Fig.12a are equipped with a thermometer and 90 % of
these thermometers have a picking sensor according to Fig. 12b. Unfortunately, even if they have
appropriate equipment, and have been trained, only 65 % have a measurement procedure (see
Fig. 12c.
Are the drivers equipped with a
thermometer?

Other
10%

Never
equipped
with a
thermom
eter
10%
Sometim
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with a
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eter
5%
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Always
equipped
with a
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85%

I don't
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20%
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gy
thermo
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b

Procedure for temperature
measurement

Picking
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80%

They do
as they
can
15%
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hed
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65%

c

Figure 12: a) Equipment of the drivers; b) Type of thermometers; c) Procedure for temperature
measurement.

5.2 Temperature recording during transport
During transport, 60 % of the companies record systematically the temperature even if according to
European regulation 37/2005 it is only mandatory for frozen products transport as shown in Fig.
13a. Fig.13b details the recording frequencies used by the transport companies. More than 50 %
record temperatures at least every 10 minutes.
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Temperature recording policy
Never
5%

No
answer
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5%
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10%
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s
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15%
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5%
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minutes
11%

I don't
know
21%

Systematic
60%

a

Temperature recording frequency

Every 10
minutes
37%

Every 15
minutes
21%

b

Figure 13: a) Temperature recording policy; b) Temperature recording frequency.

For this measurement and recording of temperature, most of the companies use temperature
recorders with one sensor per compartment, conform to European standard EN 12 830 that has
just been revised in 2018 and which is required by European regulation 37/2005 as shown in Fig.
14a and 14b.
Temperatures recorders used

Compartment equipment with sensors

I don't know
15%

no answer
5%
Temperature
recorders
compliant with
NF EN 12 830
standard with
air sensors
55%

No answer
given
5%
Temperature
recorders
compliant with
NF EN 12 830
standard with
air sensors or
inertia sensors
25%

2 sensors
per comp.
25%

a

1 sensor per
compartmen
t
70%

b

Figure 14: a) Temperature recorders; b) Sensors of the temperature recorders.

5.3 Other controls recorded during refrigerated transport
Refrigerated transport companies record more and more information useful for the traceability and
security of the products and the performance of the transport operations. Half of the companies
who answered the question record the doors openings (see Fig.15a) and half of them have
between 6 and 10 doors opening by transport operation (see Fig. 15b). When they stop on
refrigerated platform, a third of them stop between 30 minutes and half an hour (see Fig. 15c).
When they download outside, doors opening time is shorter but for those who measure it, it is half
of the time longer than 10 minutes (see Fig.16c).
Doors opening record

Number of doors opening
during transport
Up to 5
5%

Yes
15%

No
answer
given
70%

a

No
15%

No
answer
given
80%
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s to 1
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5%

I don't
know
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I don't
know
5%

c

No
answer
given
85%

Figure 15: a) Doors opening record; b) Number of doors openings; c)Doors opening duration.
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Other information is quite interesting such as the operation mode of the refrigeration unit. It is a
good indicator of the best practices implementation by the drivers. But only 30 % register the on/off
of the refrigeration unit (see Fig. 16a).
Average doors opening time on
dry platform 5 to 10

Record on/off of the
refrigeration unit
No
answer
given
70%

a

minutes
5%

Yes
30%

10 to 30
minutes
for
trucks
5%
30
minutes
to 1 hour
5%

No
answer
given
70%

I don't
know
15%

Average doors opening
time for outside deliveries
5 to 10
minute
s
15%

no
answer
70%

c

b

10 to
30
minute
s for
trucks
5%
30
minute
s to 1
hour
5%
do not
know
5%

Figure 16:a) Recording of on/off mode of the refrigeration unit; b)Average doors opening time on dry
platform; c) Average time opening for outside deliveries.

6. CONCLUSION
Thanks to the involvement of Transfrigoroute France this study met a rather good welcome by
French refrigerated transport companies who seriously answered the forty-seven questions. With
twenty answers from a broad panel of societies, we get a representative overview of the
temperatures issues and the practices of the transporters.
The analysis of the results shows that even if the real cost of the temperature problems is generally
lower than one per cent of the annual turnover of the company and well covered by the insurances,
it represents an amount comparable to the net annual result in refrigerated transport. In this
context it is surprising to see that only fifty-five percent of the companies systematically use the
type contract for refrigerated transport. It is also surprising that if transport companies are facing
deliveries rejection due to temperature excursions they rarely refuse to load foodstuff out of the
scope of temperatures.
The study reveals that an increasing number of companies systematically record temperatures
during transport and also record other information such as doors openings and refrigeration unit
operation mode. Nevertheless it is surprising to see that a lot of them do not use the proper
equipment to measure and record temperature either during transport either at the interface at
reception. The lack of robust measurement procedures, of appropriate procedures and trained
people do not help to avoid any doubt on the load temperature and the quality of the transport
operation.
Even if refrigerated transport performance is rather good in France with few incidents this study
shows that there are still margin of progress to reduce losses and increase confidence and food
safety. The respect of best practices, the use of robust and approved procedures and the training
of operators, are indispensable to guarantee the quality and the performances of refrigerated
transport.
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ABSTRACT
Nowadays, data processing is a fundamental operation for business such as banks, among others.
However, computers dissipate heat and as the operating temperature increases and these machines
cannot operate properly. Consequently, it is necessary to air conditioning systems to keep the proper
temperature as well as the room temperature itself. Therefore, a data center air conditioning system
drains electrical energy in the installation. Based on this, this paper evaluates a photovoltaic cooling
to support the electric chiller system showing the energy saving. The case is analyzed in a Data
Center located in São Paulo, Brazil. The electrical power density consumed by the computers is 0.5,
1.0, 2.0, 4.0 and 8.0 kW/m2. Local solar irradiation indexes are based on the ASHRAE Data Bases
temperature. The results represent a 22%, 12%, 13%, 5% and 3% of energy savings, respectively.
Keywords: Air conditioning, photovoltaic cooling system, data center, sustainability, solar cooling.

1. INTRODUCTION
In recent years, the expansion of critical environments, in special data centers, has adopted the use
of air conditioning systems. In the controlled environment, temperature and humidity must be set by
several parameters for servers and mainframes operational safety. In commercial buildings, the airconditioning system is accountable for 40% of the electrical energy bill (Papadopoulos et al., 2003).
In continuous cooling applications, that figure goes up. In a data center, it is possible to achieve
participation as much as 50% (Strutt et al., 2012). Evidently, each kilowatt-hour saved could be
reinvested in new computers or to be used to increase and keep the building efficiency. In addition,
in some places in the world, the electrical energy cost is higher at peak time, usually between 5 and
10 PM (ANEEL, 2015). It occurs because in this period of time, the public illumination is turned on
and people arrive home. Besides the fact that some offices and factories keep an evening work shift.
That peak demand does not justify itself new investments on the expansion of the electric power
grid. In this context, the development of alternative air conditioning systems is a great solution and
an opportunity for new businesses. In this case, chillers powered by solar energy would be a solution.
Solar systems can save part of the electrical energy consumption. However, there are some
disadvantages in this case: The customer needs an area to install solar collectors and to build an
energy storing system, such as a thermal accumulation tank (thermal storage) or a battery bank
(electrical storage). Typically, the initial investment is higher than a simple and conventional electric
chiller installation. Also, the solar system cannot be considered an air-conditioning redundancy
system, because of the solar intermittency. Moreover, solar cooling technology can reduce the
environmental impact raised by conventional air-conditioning systems. That is because refrigerants
used in these systems are environmentally friendly, natural refrigerants and are CFC free. Therefore,
these systems have zero ozone depleting as well as zero global warming potentials (Hassan and
Mohamad, 2012).
The goal of this paper is the evaluation of a solar air conditioning system based on the photovoltaic
cooling technology for a data center and the index of electrical energy provided by the net. In a
previous paper (Belizário and Simões-Moreira, 2017) the authors analyzed the use of solar-powered
absorption chiller.
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2. PV SOLAR COOLING
A photovoltaic electric cooling system basically consists of a conventional electrical compression
chiller powered by electricity produced in photovoltaic panels. In 2010, crystalline silicon photovoltaic
cells accounted for around 93% of the total photovoltaic market(Ferreira and Kim, 2014; Fraunhofer
Institute for Solar Energy Systems, 2018).
In this case, the total irradiation (direct + diffuse) is captured by the photovoltaic cells and
transformed into electrical energy (A). For charge regulation, this system is provided with controllers
(B). Therefore, it must be necessary to choose between two different methods. The first way would
be necessary to connect inverters on the public electrical net (E), providing energy and capturing on
the lack of periods. This procedure depends on local rules and regulation. The second way is to
provide energy to battery load bank and unload this according to the previous schedule (C). To use
this energy, frequency inverters were installed (D). They were responsible for regulating the
frequency and transform DC voltage in AC voltage. Losses are associated with photovoltaic panel
efficiency, transmission, inverter yields and battery banks(Baltus et al., 1997). Panel efficiency is
measured by the ratio between the available energy for photovoltaic cells and used energy in chillers.

Figure 1 – Photovoltaic cooling procedure. (Belizário, 2018)

3. DATA CENTER CONDITIONING
For a data center, up to 100 kW power consumption can occur to feed the computers installed. A
traditional system uses air conditioning system by indirect expansion precision air handling units
(CRAH) to promote the heat transfer by cold water and conditioned environment, chillers to cool the
water and cooling towers to heat transfer between the chiller and outdoor environment.
According to ASHRAE TC (ASHRAE, 2016b) computers should operate in the temperature range of
5° and 40° C and the humidity should be in the range of 10% and 90%. For a data center, the A1
condition presented in the psychrometric chart in Figure 4 is recommended. In A1 condition, the
temperature must be between 15°C and 35°C and the relative humidity between 20% and 80%.
However, in a recent revision ASHRAE, TC 9.9 (ASHRAE, 2016a), has extended the humidity to the
range from 10% to 90%. Those operating zones are shown in Fig. 2.
The guidelines of Data Center conditioning recommend that a computer inlet of air is turned to air
conditioning Insufflation and the outlet is turned to air handling return. When it is applied, this reduces
investments and operational costs, increases data processing efficiency and reduces the
maintenance stops(Strutt et al., 2012).
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Figure 2: Data Center Temperature according to ASHRAE TC 9.9. (ASHRAE, 2016b)

4. ENVIRONMENTAL CONDITIONS
For this work, it was considered data obtained by ASHRAE fundamentals (ASHRAE, 2017) for the
city of São Paulo, Brazil measured in 24 hours during 365 days in 2001. The collected data were dry
bulb temperature, wet bulb temperature, solar irradiation, and beam irradiation.
To carry out the analysis it was adopted a typical data center plant considering and the associated
facilities. The only area that is conditioned by this project is the data hall. For this building, it is
reserved a 625 m² data hall area, and 2030 m² of total building area. The solar collectors are installed
on the roof top of the total building area (2030 m²).
Racks dissipation density is 2 kW/m² at the data hall, computed from an average bank system (The
Green Grid, 2012), resulting in a total dissipation of 1250 kW. This study has been analyzed other
densities such as 0.5, 1, 4 and 8 kW/m². Other facilities areas (green square) are cold water room
(chillers room – 280 m²), fire facilities (80 m²), electrical infrastructure room (255 m²), technical aisles
(fan coils room – 200 m²), Circulation aisle (160 m²). The acclimatization of these areas (except data
hall) must be conditioned according to comfort rules and should not be included in the air conditioning
precision system related in this paper. Electrical generators area, cooling tower and primary cabinet
of net energy must be outside the building. The computer room should conform to the following
conditions: (1) the maximum water return temperature must be 34°C; (2) dissipated power by

computers: 1250 kW; (3) density of illumination: 20 W/m²; (4) constant occupation: 2 people;
(5) working schedule: 24 hours/ day.
The thermal load and chiller capacity was calculated according to the maximum temperature that
has occurred in the last 20 years (ASHRAE, 2006). In this simulation, IT was considered that the
energy peak occurs in January when the external temperature reaches 31°C and 40% relative
humidity. The outdoor air flows into the technical aisle at this temperature and it is mixed with indoor
return air at 34 °C, 22% relative humidity. Next, the mixed air circulates in the fan coils to be cooled
at 22.3 °C, 45% relative humidity. After that, the air is supplied into a data hall to cool off the
computers to exit at 34 °C, 22% relative humidity. Fig. 3 shows the thermodynamic states and
processes on the psychrometric chart.
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Figure 3: Thermal load of a simulation system seen in a psychrometric chart.

According to E20, a developed thermal simulation software by Carrier Corporation (Carrier
Corporation, 2016), computers are accountable for 86% of the thermal load in such an environment.
Conventional air conditioning systems use electrically driven chillers operating day and night.
Therefore, the maximum Thermal load is estimated and could selection the chiller for this building
application in table 1.
Table 1: Chiller selection for this application. (TRANE, 2017)
Chiller Selections
Density (kW/m²) Thermal Load (TR) - C Tmáx Chiller Selected (TR)
Chiller Comsuption Curve - y( CT)
0,5
173,69
180,00 -2,00E-07 x³ + 4,00E-04 x² + -5,94E-02 x +
1,0
259,57
260,00 -7,00E-08 x³ + 3,00E-04 x² + -5,94E-02 x +
2,0
440,33
500,00 -2,00E-08 x³ + 1,00E-04 x² + -5,94E-02 x +
4,0
795,85
840,00 -7,00E-09 x³ + 9,00E-05 x² + -5,94E-02 x +
8,0
1506,88
1680,00 -2,00E-09 x³ + 4,00E-05 x² + -5,94E-02 x +

37,97
54,85
105,5
177,2
354,4

The power consumption by the chillers can be estimated by 𝑦(𝐶𝑇̇ ), according to Belizário (2018).
However, this paper proposes that during the day, when there is solar radiation, collected energy
will be stored in a battery load bank at hours when the electricity prices are higher (In Brazil, the
hours between 5:00 PM and 8:00 PM).
The first step is to obtain the PV panels efficiency (𝜂𝑠𝑜𝑙_pow). The calculation is presented in equation
(1) (Huld et al., 2010), where the k’s values are presented in Table 2.
2
𝜂𝑠𝑜𝑙_pow = {1 + 𝑘1 ∙ ln 𝐼𝑇 + 𝑘2 ∙ (ln 𝐼𝑇 )2 + 𝑇𝑝𝑎𝑛𝑒𝑙 ∙ [𝑘3 + 𝑘4 ∙ ln 𝐼𝑇 + 𝑘5 ∙ (ln 𝐼𝑇 )2 ] + 𝑘6 ∙ 𝑇𝑝𝑎𝑛𝑒𝑙
} ∙ 𝜂𝑠𝑦𝑠𝑡𝑒𝑚

Eq. (1)

Table 2: Constants for PV panels efficiency in equation (2) (Huld et al., 2010)

Constants for PV panels efficiency calculation in Eq. (2)
k2
k3 (°C -1)
k4 (°C -1)
k5 (°C -1)

k1
-0,01716

-0,04029

-0,00468

0,000148

0,000169

k6 (°C -1)
0,000005

In addition, it should be estimated the superficial panel temperature Tpanel, which can be done by
equation (2), where both radiation and convection effects are considered (Belizário, 2018).
𝑇𝑝𝑎𝑛𝑒𝑙 = 𝑇𝐵𝑆 +

𝐼𝑇
ℎ𝑐𝑜𝑛𝑣𝑎𝑖𝑟
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To calculate the efficiency of PV panels equations (1) and (2) are used to give equation (3).
𝜂𝑠𝑜𝑙_pow = {1 + 𝑘1 ln 𝐼𝑇 + 𝑘2 (ln 𝐼𝑇 )2 + (𝑇𝐵𝑆 +

𝐼𝑇
)[𝑘3
ℎ 𝑐𝑜𝑛𝑣𝑎𝑟

+ 𝑘4 ln 𝐼𝑇 + 𝑘5 (ln 𝐼𝑇 )2] + 𝑘6 (𝑇𝐵𝑆 +

𝐼𝑇
)2} 𝜂𝑆𝑦𝑠𝑡𝑒𝑚
ℎ 𝑐𝑜𝑛𝑣𝑎𝑟

Eq.(3)

The PV power generation (𝑊𝑃𝑉 ), are estimated in equation (4) (Kalogirou, 2004). Other constants
̇ e 𝐼𝑝𝑆𝑇𝐶 , respectively 150 Wm -2 e 1.000 Wm -2 obtained in laboratory tests.
considered are 𝑊𝑆𝑇𝐶

̇ = 𝑊̇𝑆𝑇𝐶 ∙
𝑊𝑃𝑉
𝐼

𝐼𝑇

𝑝𝑆𝑇𝐶

Eq. (4)

∙ 𝜂𝑠𝑜𝑙_pow

After the generation, the energy will be stored in battery banks (𝑊𝑎𝑐𝑢𝑚 ) in equation (5). The variable
t indicates the time of energy storing.
𝑡

𝑊𝑎𝑐𝑢𝑚 = ∫0 𝑊̇𝑃𝑉 𝑑𝑡

Eq. (5)

In a previous schedule, those batteries will be discharged for powering the chillers. The available
̇ ) in
energy (𝑊𝑎𝑣𝑎 ) will be the accumulated energy ( 𝑊𝑎𝑐𝑢𝑚 ), less the power used for the batteries (𝑊𝑈
a time of utilization tu. The equation (6) show this function.
𝑡
𝑊𝑎𝑣𝑎 = 𝑊𝑎𝑐𝑢𝑚 − ∫0 𝑢 𝑊𝑈̇ 𝑑𝑡𝑢

Eq. (6)

5. PERFORMANCE ANALYSIS OF PHOTOVOLTAIC COOLING
The Thermal Load Accumulated (𝐶𝑇 ) is provided by (ASHRAE, 2017) and the electrical consumption
is calculated by the conventional equipment and by equations provided in Table 1. The results for a
typical year are given in. Weather data presented in reference (ASHRAE, 2011) and the equipment
data presented in (Otanicar, Taylorb and Phelanc, 2012) were used. Table 3 presents the
accumulated monthly values in a typical year (ASHRAE, 2017).
It can be noticed that for different load densities, the consumption energy curve modifies.
Table 3: Electrical consumption by a conventional system

Conditions

Density electric charge from computers (kW/m2)

0.5

1

2

4

8

Typical Month Summer (kWh)

75.96

145.59

190.51

415.08

641.31

Typical Month Winter (kWh)

74.32

143.07

187.83

412.83

639.73

All Year Non-Peak Hour
(kWh)
All Year Peak Hour (kWh)

807.81

1550.81

2031.83

4441.32

6869.62

79.43

152.43

199.33

436.14

674.44

Total

887.24

1703.24

2232.49

4877.46

7544.06

It can be noticed that 2 kW/m² the Electrical chiller Coefficient of performance is better than other
densities because, in this case, all the time the chiller works in the best operation ranges, between
60% and 95%.
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In comparison, It must utilize the solar contribution (𝑊𝑎𝑣𝑎 ) calculated from Eq. (6). In cases that the
available energy is lower than the energy required for cooling all thermal load, it is necessary to
calculate the residual energy consumption (𝐸𝑃𝑉 ). This is obtained by solving the equation (7).
𝑡
𝐸𝑃𝑉 = ∫ 𝑦(𝐶𝑇̇ ) − 𝑊𝑎𝑣𝑎
Eq. (7)
0

Table 4 presents the residual consumption by a photovoltaic cooling system.
Table 4: Residual consumption by the photovoltaic cooling system

Residual consumption (𝑬𝑷𝑽)
Electrical load density (kW/m 2)
Conditions
0.5
1
2
4
Typical Month Summer (kWh)
49.71
119.34
164.25
388.80
Typical Month Winter (kWh)
66.20
134.96
179.92
404.71
All Year Non-Peak Hour (kWh) 688.06 1477.89 1969.16 4425.51
All Year Peak Hour (kWh)
2.09
28.27
66.04
254.86
Total
690.15 1506.15 2035.19 4680.37

8
615.04
631.61
6866.51
480.44
7346.95

Fig. 4 shows the economy provides by photovoltaic cells. This study shows that the solar contribution
decreases when the thermal load density grows. The densities are lower than 4 kW/m² the
contribution depends on the chosen chillers, because of the work compressor curve adapted better
to the Thermal load.

Figure 4: Evolution of energy savings according to the load density

6. CONCLUSION
An air conditioning system powered by electrical energy produced by photovoltaic means has been
presented as a solution for energy saving in order to decrease the consumption from the electrical
grid energy and, consequently, fossil fuel burn dependency. One advantage of this system is that
the solar contribution is provided directly to the electrical energy consumption, without interfering
with the thermal load and the working regime of the chiller.
In this paper, the thermal load was calculated at 5 densities charges in a generic IT room and their
respective annual consumption for a typical year. For a density charge 0.5 kW/m² this system
represents a 22% energy saving, for 1.0, 2.0. 4.0 and 8.0 kW/m² the savings represents 12%, 10%,
5% and 3%, respectively. The savings decreases when the density charges increases, except at 2.0
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kW/m², where a system works in the optimum point of chiller efficiency. The results are better than
results obtained by (Otanicar, et. al. 2012 and Porumb et. al, 2016) because the solar irradiance
available in Brazil is better than Europe. Other studies have been developed since the begin of this
decade in Brazil, although your results have not been published.
Nevertheless, these studies must be updated frequently, because the new and more efficient solar
collector has been developed. Recent developments indicate that trend, as well as the reduction of
the acquisition and maintenance costs of this equipment.
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NOMENCLATURE
Electrical
chiller
performance (-)

Coefficient

of

𝑊̇𝑐

Electrical power of chiller (kW)

𝐶𝑂𝑃𝐸

𝐶𝑇̇

Thermal load (kW)

𝜂𝑠𝑜𝑙_pow PV panels efficiency (-)

𝑘1 ,𝑘2

Constants for photovoltaic panel

Tpanel

Temperature of surface panel (°C)

k3, k4,
k5, k6
TBS

Solar Irradiation (kW∙m )

ℎ𝑐𝑜𝑛𝑣𝑎𝑖𝑟 Air convection coefficient (kW∙°C-1∙m-2)

𝐼𝑇

-2

̇
𝑊𝑃𝑉

𝜂𝑆𝑦𝑠𝑡𝑒𝑚

Electrical system efficiency (-)

𝑊̇𝑆𝑇𝐶
𝑊𝑎𝑐𝑢𝑚
𝑊𝑎𝑣𝑎
tu
𝐸𝑃𝑉

Constant of photovoltaic panel (W∙m -2)
Energy stored in battery banks (kWh)
Available energy (kWh)
Time of utilization (h)
Residual consumption

𝐼𝑝𝑆𝑇𝐶
t
̇
𝑊𝑈
𝑦(𝐶𝑇̇ )

Constants for photovoltaic panel (°C -1)
Dry bulb temperature of ambient air
Power generation by photovoltaic
panels (kW)
Constant of photovoltaic panel (W∙m -2)
Time os storage (h)
Power used for the batteries (kW)
Chiller consumption (kW)
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ABSTRACT
The paper analyzes the influence of liquid subcooling on the performances of an air conditioning
system. The nominal refrigeration power is 11.2 kW. The theoretical study was conducted for the
next refrigerants: R410A, R134a, R407C, R22 and R32.
The plant’s operating conditions are vaporization temperature 6C, condensation temperature 45C,
vapor temperature at evaporator exit 13C. The subcooling of the liquid is done with air in a
subcooler.
The authors made a comparative analysis between theoretical and experimental results. The
experimental stand consists in an air conditioning refrigeration system, type VRV (Variable
Refrigerant Volume), which is part of the Thermodynamics and Thermal Equipment Laboratory from
the Technical University of Civil Engineering Bucharest. The refrigeration system works with R410A
refrigerant.
Keywords: Air Conditioning, Performance, Refrigerating Plant, Subcooling.

1. INTRODUCTION
Under ideal conditions the condensation process takes place in the refrigeration plant
condenser, so that the resulting liquid is saturated. Likewise, in ideal conditions, the
evaporation ends in the evaporator so that the vapors resulting therefrom are dry saturated.
In fact, the vapor leaves the vaporizer in an overheated state.
It is well-known the beneficial effect of liquid subcooling on the mechanical compression
plant’s performances by reducing the mass enthalpy of the liquid before the throttling valve,
with the result of increasing the mass cooling capacity, 𝑞̇ 0. This becomes more important
when working with refrigeration fluids with low 𝑞̇ 0 as freons.
In the literature it is mentioned that a large subcooling value involve a smaller mass of
refrigerant for the same cooling power.
In the present paper a theoretical and experimental analysis of the performances of a
mechanical compression cooling system is performed using a refrigerant/ air heat exchanger
liquid as subcooler.
We studied 5 refrigerants, respectively: R410A, R134a, R407C, R22 and R32. They are
recommended for low-power air conditioning systems.
2. THEORETICAL AND EXPERIMENTAL STUDY ON THE SUBCOOLING EFFECT
2.1. General Data

The experimental study was carried out on a VRV (Variable Refrigerant Volume) system,
located in the Thermodynamics and Thermal Equipment Laboratory part of the Technical
University of Civil Engineering from Bucharest. The components of the system are: an
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outdoor unit and two indoor units, a scroll inverter compressor, with refrigerant R410A. A
general view of the experimental stand is in Fig. 1.
The system is used for air conditioning of the laboratory where the indoor units are mounted.

Figure 1: The experimental stand.l

2.2. Theoretical Study

The theoretical study was conducted for five refrigerants as follows: R410A, R134a, R407C,
R22 and R32.
For the analysis, the following input data are considered:
- evaporating temperature 𝑡0 = 6℃;
- condensing temperature 𝑡𝐶 = 45℃;
- isentropic efficiency: 1;
- vapor temperature at the compressor inlet (𝑡3 = 13℃);
- the temperature of the refrigerant at the outlet of the subcooler (𝑡7 = 40℃ ).
The study aimed to calculate the value of the cooling system performance coefficient (EER)
according to the refrigerant used. The thermodynamic cycles were represented with the
Coolpack Program.
The theoretical EER values obtained from the calculations are shown graphically in Fig. 2.
EER
(-)

6.1

6.05
5.983

6
5.9
5.8
5.7

5.731

5.696

5.617

5.6
5.5
5.4

R410A

R407C

R134a

R32

R22

Refrigerant

Figure 2: EER value to 5°C subcooling effect.
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Fig. 3 shows the EER values of an air conditioning system with subcooling and an air
conditioning system without subcooling.
EER
(-)

6,200
6,000
5,800
5,600
5,400
5,200
5,000
4,800
R410A

R407C
EER without subcooling

R134a

R32

R22

EER with subcooling

Refrigerant

Figure 3: EER system with and without the subcooling.

Fig. 2 show that EER coefficient depend by type of refrigerant. It can be observed that for a
subcooling of 5°C, the performance coefficient has the highest values, respectively 6.05 and
5.95 for R134a and R22.
Refrigerants R407C and R32 have appropriate performance coefficients, 5.73 and 5.70. The
smallest values for the performance coefficient correspond to R410A refrigerant with a value
7.20% lower than the R134a.
Fig. 3 shows the subcooling effect for each analyzed refrigerant. EER values are higher for
subcooling than those without subcooling. EER values are by 5% higher for a subcooling of
5°C.
2.3. Experimental Study
2.3.1. Experimental Stand and Data Acquisition System

The experimental stand contains a VRV (Variable Refrigerant Volume) refrigeration unit
consisting of an outdoor unit to which two indoor units with a nominal refrigeration capacity
of 2.8 kW and 4.5 kW. The refrigeration system is with refrigerant R410A.

Figure 4: Experimental setup.

The experimental study was carried out for the system operating in different conditions:
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- air inlet temperatures between 14 and 38°C;
- condensation temperatures between 29 and 48°C;
For data measures and registration, them was used a Data Acquisition System and a
Service Checker. Service Checker made the control VRV, which enabled a real diagnosis
of how the installed system follows the parameters. The system parameters were measured
and monitored at the entrance and exit of each equipment.
2.3.2.

Experimental Results

The recording of the experimental data took place in several measurement sessions so that
the information is as varied as possible and provides a clear picture of the operation of the
equipment. The experimental results are only for the R410A refrigerant.
There were performed measurements of air and refrigerant parameters.
On the air side there were measured:
- Inlet / outlet temperature of the condenser;
- Ambient temperature (tamb).
On the refrigerant side there were measured:
- Inlet / outlet temperature of the compressor (tinlet compressor/ toutlet compressor);
- Saturation pressure and temperature in the condenser (psaturation condenser/ tsaturation condenser);
- Different temperature at subcooling (Δtsubcooling).
A selection of different measured values is presented in Table 1.
Temperature sensors have a precision of ± 0.01°C. The air flow meter used for measuring
air flow has an accuracy of ±3%. The flow of refrigerant was measured with a Portaflow300
type ultrasonic flow meter with an accuracy of ± 4%.
The recording of the experimental data took place in several measurement sessions from
the period (October 2017, March 2018, July 2018).
The results were plotted in the next Figs. 5 and 6, in order to highlight the importance of the
subcooling.
Fig. 5 shows that the mass cooling capacity varies between 160 ÷ 230 kJ/kg for a maximum
subcooling of 5°C. We observe the general the tendency of mass cooling capacity increasing
with subcooling. This increase is up to 30% in compare to the variant without subcooling.
An increase in subcooling by one degree, attracts an average increase in the mass cooling
capacity with 5 ÷ 6 %.
Fig. 6 shows that the EER performance coefficient increases with the increase of
subcooling. This coefficient varies between 4.90 and 7.50 for a subcooling of maximum
5°C. As with mass refrigeration, the subcooling effect leads to an increase in the system's
performance coefficient. This increase is up to 34%.
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No
exp

tinlet
tamb compressor
(°C)
(°C)
13
5
14
5
14
5
14
5
15
5
14
5
14
5
14
5
15
5
15
5
15
5
15
5
15
5
15
5
14
6
14
6
14
6

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16
17

𝒒̇ 𝟎

(W/m2)

Table 1. Measured values

toutlet
toutlet
compressor condenser
(°C)
(°C)
49
25
48
30
48
30
48
30
55
36
51
35
51
35
51
35
56
37
56
37
56
37
56
37
56
37
56
37
55
36
55
36
55
36

tsaturation
condenser
(°C)
28
31
31
31
36
37
37
37
39
39
39
39
39
39
39
39
39

Δt
subcooling
(°C)
3
1
1
1
0
2
2
2
2
2
2
2
2
2
3
3
3

psaturation
condenser
(bar)
16,6
18,2
18,2
18,2
21,1
21,6
21,6
21,6
22,8
22,8
22,8
22,8
22,8
22,8
22,8
22,8
22,8

300
250
200
150
100
50
0
-1

0

0.5

1

1.5

2

2.5

3

3.5

4

Subcooling
(C)

Figure 5: Mass cooling capacity versus subcooling.
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EER
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4
3
2
1
0
-1

0

0.5

1

1.5

2

2.5

3

3.5

4

Subcooling
(C)

Figure 6: EER versus subcooling.

3. COMPARATIVE ANALYSIS
Comparative (theoretical / experimental) analysis was conducted for R410A refrigerant.
The comparative analysis was carried out between the theoretical study which is
represented by the following parameters:
- Evaporating temperature: 𝑡0 = 6℃;
- Condensing temperature: 𝑡𝐶 = 45℃;
- Inlet compressor vapor temperature 𝑡3 = 13℃;
- Refrigerant temperature at subcooler outlet: 𝑡7 = 40℃;
And the experimental study which is represented by:
- Refrigerant temperature at subcooler outlet: between 25 and 37°C;
- Condensing temperatures between 29 and 48°C;
- Evaporating temperatures between 1 and 6°C.
Experimental and theoretical EER values are presented in table 2.
Table 2: EER experimental and theoretical

Δtsubcooling
(°C)
0
1
2
3

EERexperimental
(-)
4.82
4.95
5.05
5.10

EERtheoretical
(-)
5.15
5.22
5.30
5.37

Deviation
(%)
6.41
5.17
4.72
5.03

It can be seen from Table 2 that EER theoretical and experimental values increase with the
increase in subcooling.
In the study, subcooling varied between 0 and 3°C. The EER experimental values varied
between 4.82 and 5.10, and the EER theoretical values are ranged between 5.15 and 5.37.
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4. CONCLUSIONS
By analyzing the processes presented in this paper, we can conclude that the effect of the
subcooling, which takes place in a refrigerant/air heat exchanger, determine an increase of
system’s efficiency, EER.
However, from a constructive point of view, this solution is limited to a subcooling of
maximum 5°C. The effect of subcooling depends on the refrigerant used. So, except of the
refrigerant R32, a substantial increase in EER theoretical is observed, with values 5% higher
for a subcooling of 5°C.
The mass cooling capacity increases with the refrigerant subcooling in the range 0÷3°C.
At 3°C subcooling the EER experimental coefficient increases with 5.50%.
The deviation EER theoretical/experimental is between 4.72÷6.41%.
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ABSTRACT
A transcritical carbon dioxide (CO2) refrigeration cycle has been investigated for applications in U.S.
Army Multi-Temperature Refrigerated Container Systems (MTRCS). The cycle configuration has
been optimized to meet both environmental and energy efficiency targets. The proposed transcritical
CO2 cycle utilizes an axial multi-piston compressor-expander based on the Sanderson Rocker Arm
Mechanism (S-RAM) that enables expansion energy recovery. The cycle features three compression
stages, intercooling between the 2nd and 3rd compression stages, flash tank economization, and
expansion work recovery. The numerical optimizations led to a maximum coefficient of performance
(COP) of 1.0 at an ambient air temperature of 57.2 oC. Due to the complexity of the cycle, a dynamic
model of the system was developed to investigate different control strategies. Simulation results
showed that the system was able to operate with adequate compressor suction superheats and flash
tank liquid under excitations as well as varying operating conditions applied to both evaporators.
Keywords: Carbon Dioxide, Expansion Work Recovery, Multi-Temperature, Controls, Flash Tank
Economizer

1. INTRODUCTION

The minimization of performance losses has been a focus of the heating, ventilation, air conditioning,
and refrigeration (HVAC&R) industry in their pursuit of utilizing natural refrigerants such as Carbon
Dioxide (𝐶𝑂2 ). Despite the high pressures inherent of 𝐶𝑂2 during the rejection of heat to ambient in
transcritical cycles, cycle enhancements and modifications enable performance competitive to
cycles that utilize hydrofluorocarbon (HFC) refrigerants. With that being said, increasingly
complicated cycles bring the need for understanding of cycle dynamics and associated control
strategies for reliable operation. Analysis of the Multi-Temperature Refrigerated Container System
(MTRCS) presented herein will provide insights into how the system reacts in transient conditions
that will enable the development of control schemes for implementation. Lorentzen (1994) first
suggested revisiting the use of 𝐶𝑂2 as a refrigerant, citing the fluid as inexpensive, non-flammable,
and non-toxic as some of many advantages that would be beneficial in military application.
Considering the MTRCS application will result in entry and exit into the cooled spaces numerous
times, the ability to increase system capacity for a short time at the cost of power consumption will
be beneficial.
Li and Groll (2004) performed a theoretical analysis of a U.S. Army Environmental Control Unit (ECU)
utilizing a transcritical 𝐶𝑂2 cycle and concluded that the system out-performed the existing ECU with
R-22 as a working fluid in all ambient conditions tested, which ranged from 31.7 oC to 48.9 oC.
Robinson and Groll (1998) developed thermodynamic models to compare transcritical 𝐶𝑂2 cycles
with and without expansion work recovery, concluding that the cycle with an expansion work
recovery device at 60% isentropic efficiency had a 25% higher COP than the cycle with 100%effective internal heat exchange. Agrawal et al. (2007) conducted the optimization of a two-stage
transcritical 𝐶𝑂2 heat pump cycle and found that the cycles with either flash or compressor
intercooling did not perform as well as cycles utilizing a flash-gas bypass. Xu et al. (2011) proposed
and experimentally validated an R-410A vapor injection flash tank heat pump control strategy with
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an electronic expansion valve (EXV) between high and intermediate pressures and a heater on the
bypass gas line employed as the means of control of injection superheat. This combination with
bypass line superheat as the only input proved to be an effective means of controlling flash tank
liquid level, thus making the installed liquid level measurement redundant. Bertsch and Groll (2008)
experimentally assessed the ability of a thermostatic expansion valve (TXV) to control the superheat
of an injection line in a two-stage cycle utilizing closed economization and concluded that this
solution was acceptable, but recommended an EXV in future experiments for better control.
The additional independent variable of high-side pressure in transcritical 𝐶𝑂2 cycles presented a
significant gap in controls literature upon the revitalization of 𝐶𝑂2 as a refrigerant. Mcenaney and
Hrnjak (2000) found potential COP improvements of up to 20% through experimental assessment of
optimum cycling operation of a transcritical 𝐶𝑂2 cycle applied in automotive air conditioning.
Rasmussen et al. (2002) compared both linear and non-linear transient models of a 𝐶𝑂2 air
conditioning system in transcritical operation and concluded that the linearized model agreed with
the 3rd order model as well as experimental data. Rasmussen (2012) conducted an in-depth literature
review on dynamic vapor compression cycle modeling techniques, concluding that models that utilize
a physics-based modeling approach provided a more useful tool than strictly empirical-based
models. Additionally, heat exchangers have proven to be the primary challenge for dynamic
modeling efforts, given that the two-phase thermal dynamics occur at a much slower rate than
physical dynamics, such as pressure propagation and compressor pulsation, which are therefore
considered instantaneous. Chen and Treado (2014) proposed a Simulink-based signal-oriented
dynamic HVAC model that assessed the effects of controlling various numbers of physical
parameters in building control, concluding that the tool could be used to effectively diagnose
inappropriate control strategies, test and compare control strategies for higher efficiency, and detect
faults if validated with experimental data.
This work presents a dynamic model of the MTRCS cycle is developed in Dymola using the TIL
library from TLK-Thermo GmbH (2018). Sanderson-Rocker Arm Mechanism (S-RAM) is employed
in the novel Energy Recovery Compressor (ERC) applied in the proposed MTRCS cycle. The SRAM reduces sidewall losses common in wobble plate, swash plate, and crank shaft mechanisms
during the conversion of reciprocating motion to rotary motion. Furthermore, variable capacity is
possible through variation of the piston stroke without varying head clearance. Additional information
on the ERC can be found in Kurtulus et al. (2012). Important control parameters for the MTRCS
cycle are identified and discussed, as are results of the MTRCS dynamic reaction to varying
operating conditions and excitations applied to the evaporators. The main purpose for this analysis
is to ensure compressor suction superheats and the flash tank liquid level remain at safe values.
Recommendations for control strategies are discussed, as is future work for continued improvement
of the model.

Figure 1: MTRCS cycle Schematic

Figure 2: State points of MTRCS cycle in a P-h
diagram
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2. APPROACH
2.1 Design Overview
The transcritical 𝐶𝑂2 cycle for application in the MTRCS consists of three compression stages, two
evaporators, a gas cooler, intercooling between the 2nd and 3rd stages of compression, flash tank
economization, and expansion-work recovery. The 2nd and 3rd compression stages, along with the
expander cylinders, are all connected to a common shaft inside the ERC. A schematic of the cycle
is shown in Figure 1, and a pressure-specific enthalpy (P-h) diagram of the cycle state points
operating at the design ambient temperature of 57.2 ºC is provided in Figure 2. The first stage of
compression is completed with a single-stage compressor.
2.1 Modeling Overview
The transient modeling analysis for this work was conducted using Dymola in the Modelica language,
and the cycle and model design in this environment is provided in Figure 3.

Figure 3: MTRCS model in Dymola by using the TLK library.

COP is calculated through the conventional ratio of cooling capacity to net power input, with
recovered expansion work both increasing the potential cooling capacity of the system and
decreasing the net-work input. All heat exchangers were treated as air-cooled with fixed volumetric
air flow rates across them, and used fin-and-tube designs with constant heat diffusivity. The flash
tank phase separation was modeled as ideal, and both the heat exchange and phase separation
processes were modeled as isobaric. Experimental data was obtained for both expander and
compressor operation of the ERC, but there was insufficient data to create an effective map for either
operation. As a result, a conservative estimate was made for effective isentropic efficiency, 𝜂𝑖𝑠,𝑒𝑓𝑓 ,
of 0.7 and 0.35 for compression and expansion, respectively, based off of the experimental values
obtained. A constant volumetric efficiency, 𝜂𝑣𝑜𝑙 , of 0.8 and filling factor, 𝜑𝐹𝐹 , of 2.5 was also assumed
by this logic. These efficiencies are summarized in Eq. (1) through Eq. (4).
𝜂𝑖𝑠,𝑒𝑓𝑓,𝑒𝑥𝑝 =

𝑊̇𝑒𝑥𝑝
𝑚̇ (ℎ𝑖𝑛−ℎ𝑜𝑢𝑡,𝑠 )
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𝜂𝑖𝑠,𝑒𝑓𝑓,𝑐𝑜𝑚𝑝 =
𝜂𝑣𝑜𝑙 =
𝜑𝐹𝐹 =

𝑚̇ (ℎ𝑜𝑢𝑡,𝑠 −ℎ𝑖𝑛)
𝑊̇𝑐𝑜𝑚𝑝

Eq. (2)

𝑚̇𝑐𝑜𝑚𝑝

Eq. (3)

𝜌𝑖𝑛𝑛𝑉𝑜𝑙𝑐𝑜𝑚𝑝
𝑚̇𝑒𝑥𝑝

Eq. (4)

𝜌𝑖𝑛𝑛𝑉𝑜𝑙𝑒𝑥𝑝

2.2 Operating Conditions Tested
Transient operation is vital to understand when designing a refrigeration system, particularly one as
complex as the MTRCS, primarily because of the effects on component safety and system efficiency.
The three primary areas of transients assessed herein are startup, evaporator condition variation,
and system disturbances. Startup is when the system is initially turned on and brought from resting
equilibrium to operating conditions. Evaporator condition variations are when the system operating
condition changes and the evaporators are set to reach a different temperature. Given the
operational purpose of the MTRCS, system disturbances were deemed worthwhile to assess and
would primarily be due to the door opening and letting hot air into the refrigeration compartment,
thus increasing the load on the evaporator cooling the compartment in question. The operating
conditions for the MTRCS that were assessed in this analysis are summarized in Table 1.
The control scheme involves three EXVs controlled by proportional integral (PI) controllers.
Referencing Figure 3, the EXV at the inlet to the low-temperature (LT) evaporator is used to maintain
the suction superheat of the low-pressure compressor at 𝑇𝑠ℎ = 10 oC, while the EXV between the
liquid outlet of the flash tank and the medium-temperature (MT) evaporator is to set the evaporator
outlet superheat to that same target value in an effort to maintain at least 10 oC of superheat at the
medium-pressure compressor suction. The final EXV between the vapor outlet of the flash tank and
the outlet of the MT evaporator is used to maintain a pressure differential of 5 bar between the MT
evaporating pressure and the flash tank pressure. This value was attained to maximize both the
range of operating temperatures where superheat can be attained at the MT evaporator outlet as
well as the pressure differential across the expander to increase expansion work recovery.
Table 1: MTRCS Model Operating Conditions.

Ambient Temperature
℃
Medium-Temp. Compartment Target Temperature ℃
Medium-Temp. Evaporator Target Capacity
𝑘𝑊
Low-Temp. Compartment Target Temperature
℃
Low-Temp. Evaporator Target Capacity
𝑘𝑊

57.2
3.3
3.8
-20.6
1.9

Table 2: Evaporator Condition Variation Simulation Matrix.

Test #
1
2
3
4

Medium Temp. Evap. Set Point
3.3 ℃ − 10 ℃ = − 6.7 ℃
3.3 ℃
3.3 ℃
3.3 ℃ − 23.9 ℃ = −20.6 ℃

Low Temp. Evap. Set Point
−20.6 ℃
−20.6 ℃ − 10 ℃ = − 30.6 ℃
−20.6 ℃ + 23.9 ℃ = 3.3 ℃
−20.6 ℃

2.2.1 Startup
The aim of assessing the system startup behavior is to ensure that compressor suction ports avoid
two-phase flow and pressures remain near maximum operating pressures. However, given the
ambient condition for the MTRCS, the 𝐶𝑂2 will be at a superheated vapor state, therefore posing no
risk of sending two-phase fluid into the compressor suction at first. However, this superheat could
fail to be maintained if the controls on the EXVs fail to correct rapidly reducing superheat quickly
enough. For this analysis, startup is defined as the time from turning on the system to when steadystate at the target operating condition has been achieved for 30 seconds.
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2.2.2 Evaporator Conditions Variation
In this portion of the simulation, steady-state operating conditions are reached, then one or both of
the evaporator air inlet temperatures are changed as inputs. The test matrix for this simulation is
based off of the baseline parameters from Table 1 and includes the fours tests summarized in Table
2. Tests 1 and 2 are meant to show general reactions to smaller variations in temperature for both
refrigeration (MT evaporator) and freezer (LT evaporator). Whereas, Tests 3 and 4 show how the
system reacts to transitioning from the original refrigeration and freezer split design to both
evaporators supplying air at refrigeration and freezer temperatures, respectively. All changes are
applied in the form of a ramp down or up over a three-minute window. The analysis for evaporator
condition variation effects brings compressor safety and flash tank starvation to take priority over
efficiency, as rapid changes in evaporation pressure can have a significant effect on both of these
parameters. As the evaporation pressure changes the flash tank pressures follow. Therefore, it is
important to ensure that the liquid level does not get too low and risk send vapor into the evaporator
inlet or too high and send liquid to the compressor suction.
2.2.3 System Disturbances
System disturbances are assumed to be a rapid change in evaporation pressure due to a sudden
change in load on an evaporator in the low-side of the system. In practice, this could occur when the
door into either the refrigeration or freezer section of the MTRCS is opened. The technique chosen
to simulate this is to allow the system to arrive at steady state, then impart an increase in evaporation
air inlet temperature of 15 oC over 30 seconds before returning the evaporator air inlet temperature
to its original temperature over the following 6 minutes.

3. RESULTS AND DISCUSSION
A steady-state P-h diagram of the MTRCS cycle at the operating conditions outlined in Table 1 is
provided in Figure 2. With the given assumptions the cycle was able to reach a COP of 1.0 at these
conditions, and the target superheat of 10 oC at the medium-pressure and low-pressure compressor
suction ports was retained in all tests except when both evaporators were transitioned to freezer
operation.

Figure 4: System Pressures – Startup.

Figure 5: Key Superheats – Startup.

Figure 6: COP Variation with Evaporator
Conditions.

Figure 7: Flash Tank Liquid Volume Fraction
Variation with Evaporator Conditions.
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3.1 Startup
Given the high ambient temperature, the equilibrium values for the system were set to 57.2 oC and
50 bar, which was an estimate of the equilibrium pressure from a low-fidelity charge inventory model
independent from this dynamic study. This high temperature resulted in significant superheat at both
compressor suction ports, which resulted in the EXVs operating at the edge of their set orifice
opening ability. The EXV behavior is clear in Figure 4, which shows the system pressures over time
and is supported by superheats of both compressor suction ports as well as the MT evaporator outlet
plotted over the same time window in Figure 5. After initial startup the gas cooling pressure begins
to decrease. However, it then begins to increase again until time 𝑡 = 400 seconds, when it decreases
once again. When compared to the superheat values of the low-pressure compressor suction at that
time, it is clear that the low-pressure EXV is closing in an effort to reduce suction superheat of the
low-pressure compressor as quickly as possible, with the unintended consequence of raising highside pressure despite all of the thermal mass between the low-pressure EXV and gas cooler.
Furthermore, the thermal inertia of the system causes the low-pressure compressor suction
superheat to disappear temporarily at the conclusion of the rapid decrease in superheat. Other
reactions in the system do not result in unsafe operating conditions for any components in this test.
The system requires between 10 and 12 minutes to reach steady state from this startup condition.
3.2 Evaporator Condition Variation
The system was able to respond well to 3 of the 4 evaporator condition variation tests conducted,
meaning that after disturbances were passed the system was able to return to steady-state with the
target superheat at the low and medium-pressure compressor suction ports. Reducing the mediumtemperature evaporating temperature to the freezer conditions, Test 4, resulted in a condition that
the system could not recover from and resulted in two-phase at the outlet of the MT evaporator and
thus the suction port of the medium-pressure compressor. To remedy this, two changes were
implemented. The first was reducing the target superheat at both compressor suction ports from 10
o
C to 5 oC. This alone was insufficient, prompting assessment of the expander. As the expander was
modeled with a fixed-volume ratio designed to expand from the gas cooler outlet state at ambient
conditions of 57.2 oC to the MT evaporator pressure at 3.3 oC, this volume needed to be reduced by
39% in order to retain superheat at the suction to both compressors when Test 4 was implemented.
Given these modifications, the results from Test 4 are not meaningful in comparison and are
therefore not presented in detail. The system pressures react proportionally to the temperature
changes, and the superheat variations remain within 5 oC in magnitude, lasting no more than two
minutes. The more revealing aspects of this variation are found in COP and flash tank liquid level
variations. Figure 6 shows the COP variation over time for the three successful tests, revealing that
reduction in medium-temperature evaporation temperature by 10 ℃ can result in a 20% reduction in
COP, among other results. From a design perspective, the independent reduction in evaporation
temperatures in both evaporators results in a 5 to 25 % increase in liquid volume fraction, reaching
a maximum of 80% liquid by volume. Plotted in Figure 7, these results show that an over-sized flash
tank is a necessity in design, particularly when considering the cost of 𝐶𝑂2 , and that the 1 Liter tank
used in this simulation is under-sized. The temperature variation is applied at time 𝑡 = 900 seconds.
3.3 System Disturbances
Both evaporators absorbed the disturbances with minimal impact to the system, suggesting that the
EXV control strategy implemented was sufficient for these conditions. The liquid level in the flash
tank was able to return to original operating conditions within 10 minutes of the beginning of the
original disturbance, and the COP varied from its steady-state value by less than 10% over that same
period of time. The increase in LT evaporation pressure during excitation had negligible effect on the
high-side pressures of the system. However, given the flash tank pressure is controlled to vary
directly with the MT evaporator pressure and that the expander is modeled to have a constant
volume, the excitation on the MT evaporator increased the gas cooling pressure by more than 5%.
Compressor suction superheats experienced more significant variation with the MT evaporator
excitation than with the LT, with superheat variation up to 15 oC observed. Plots of superheat over
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time are provided in Figure 8 and Figure 9 for the MT and LT evaporators, respectively. The
excitation is applied at 𝑡 = 1800 seconds.

Figure 8: Superheat Variation with MediumTemperature Evaporator Disturbance.

Figure 9: Superheat Variation with LowTemperature Evaporator Disturbance.

4. CONCLUSIONS
This paper presented a theoretical analysis of the dynamic response of an MTRCS transcritical 𝐶𝑂2
cycle during startup, during evaporator condition variations, and when exposed to disturbances on
the evaporator load. These simulations were conducted at an ambient temperature of 57.2 oC and a
COP of 1.0 was achieved at the initial ambient condition while meeting cooling targets in both the
refrigeration and freezer sections. The system was able to retain suction superheat at both medium
and low-pressure compressor suction ports, but resulted in a rise in gas cooler pressure above 200
bar as well as a 100% liquid level in the flash tank that would result in temporarily sending liquid to
the compressor suction were it applied in a physical system. Both LT and MT evaporator excitations
were absorbed effectively by the system, resulting in compressor superheat fluctuations of 5 oC to
15 oC in magnitude, and ultimately a 2% COP increase due to increased suction pressures.
Temperature reductions of 10 oC in the MT and LT evaporators caused a rise in flash tank liquid
level and a decrease in COP, but did not result in irrecoverable system instability. The system was
also able to transition from the design distribution of refrigeration and freezer temperatures between
evaporators to conditions where both evaporators operated at refrigeration conditions, also causing
an increase in COP as to be expected. However, transitioning to both evaporators operating at
freezer operating conditions resulted in a loss of superheat at the medium-pressure compressor
suction which could be remedied with a reduction in expander volume.
The control scheme utilized PI controllers through three EXVs to manage both evaporator outlet
superheats and flash tank pressure. Dynamic responses were heavily impacted by EXV tuning
methods, and results presented in this work represent results of a control scheme focused on
sustainable operation and protecting compressors from receiving two-phase flow at the suction ports.
Therefore, EXV control optimization for system efficiency will be a vital part of future work for this
project. Additionally, moving-boundary heat exchanger heat transfer and pressure drop models,
empirical expander and compressor maps, and experimental validation are in the future work.
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NOMENCLATURE
Properties
h
ṁ
p
T
Ẇ

Specific enthalpy
Mass flow rate
Pressure
Temperature
Power

kJ kg-1
kg s-1
bar
℃
kW

Subscript
1,2,3…
𝐻𝑇𝐸𝑣𝑎𝑝
𝐿𝑇𝐸𝑣𝑎𝑝
𝐶𝑜𝑚𝑝, 1𝑠𝑡
𝐶𝑜𝑚𝑝, 2𝑛𝑑

State points
High-temperature evaporator
Low-temperature evaporator
1st stage of compression
2nd stage of compression
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𝑄̇
N
Acronyms
COP
GWP
HFC
ERC
TXV
EXV
PI
MT
LT

kW
Hz

Heat Transfer Rate
Rotational Speed
Coefficient of Performance
Global Warming Potential
Hydrofluorocarbon
Energy Recovery Compressor
Thermostatic Expansion Valve
Electronic Expansion Valve
Proportional-Integral
Medium-Temperature
Low-Temperature

𝐶𝑜𝑚𝑝, 3𝑟𝑑
Eff
is
s
𝑒𝑥𝑝
Vol
Greek Symbols
∆
𝜂
𝜑𝐹𝐹

3rd stage of compression
Effective
Isentropic
Isentropic State
Expansion
Volume
Change
Efficiency
Filling Factor
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ABSTRACT
An economized two-phase injection (ETI) system has been investigated under extreme high
ambient temperatures. An Environmental Control Unit (ECU) for military applications with a cooling
capacity of 17 kW was retrofitted with a plate heat exchanger (PHX) economizer and an electronic
expansion valve to control the injection state during the compression process. Two-phase injection
was compared with both saturated vapor injection and no-injection (baseline) under different
testing conditions up to an ambient temperature of 51.7 ºC (125 ºF). The experimental results show
a significant reduction in compressor discharge temperature up to 11.4 K and an improvement in
cooling capacity up to 10% while maintaining approximately the same COP. The increase in
compressor power consumption suggested further potential for ETI optimization for air conditioning
(AC) application at high ambient temperature.
Keywords: Two-phase injection, Economization, Air Conditioning, High Ambient Temperature,
Experimentation.

1. INTRODUCTION
Military Environmental Control Units (ECU) are crucial equipment that is often required to operate
in harsh climates and environments (e.g., desert conditions). Traditionally, ECUs are packaged airconditioning systems featuring standard four-component vapor compression cycles. However,
these single-stage systems being operated at high ambient temperatures lead to several unwanted
conditions such as high compressor discharge temperature, loss of cooling capacity and COP
among others. To this end, the use of vapor injection at an intermediate state of the compression
process has been demonstrated to improve the system capacity and operation of the compressor
at different conditions, and to reduce the compressor discharge temperature especially under
extreme conditions (Tello Oquendo et al., 2016; Bahman et al., 2018). Nevertheless, experimental
evaluations of the impact of the refrigerant injection quality on the performance of the compressor
and the system are still limited.
In the literature, a few studies have been conducted to assess the impact of vapor- and two-phase
injections for heating and cooling applications. For instance, Lee et al. (2013) numerically
compared the vapor injection with two-phase injection for heating application. The results showed
that the two-phase injection system not only reduced the discharged temperature, but also
consumed less compressor power by up to 22.6% compared to vapor injection system. Kim et al.
(2018) investigated numerically liquid, vapor, and two-phase injection for heat pump system at low
ambient temperature up to -20 ºC. The results showed that at optimum injection state, the twophase injection system attained higher COP up to 3% compared to vapor injection system, while
Kim et al. (2017) experimentally showed that the COP improved up to 5.8% for two-phase injection
system.
This paper aims to assess the application of an economized two-phase injection (ETI) system in a
packaged air conditioning (AC) unit to improve the performance at extreme ambient conditions. To
evaluate the effectiveness of ETI in a packaged air conditioner, an R-407C Environmental Control
Unit (ECU) with 17.6 kW cooling capacity was retrofitted with a plate heat exchanger (PHX)
economizer and an additional expansion device to examine two-phase and saturated injections at
different steady-state operating conditions in side-by-side psychrometric chambers. The cooling
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capacity, COP, and compressor power and discharge temperature of the ETI system were
evaluated and compared to the case without injection (baseline case).

2. EXPERIMENTAL METHODOLOGY
2.1.

Experimental setup and procedures

An Environmental Control Unit (ECU) for military applications was retrofitted with an economized
two-phase injection (ETI) system, as shown in Fig. 1, and tested under the same operating
conditions in side-by-side psychrometric chambers to assess the implementation of two-phase
injection and unit’s performance improvement. The ECU has a rated cooling capacity of 17.6 kW
(60,000 Btu hr−1) and uses R-407C as a working fluid. Fig. 2 illustrates the original ECU system
schematic as black solid lines and the retrofitted parts as colored lines. The compressor type is a
hermetic scroll compressor with a single-port injection and a volumetric displacement rate of 14.1
m3 h−1. More details about the setup can be found in Bahman et al. (2018).

Figure 1: Environmental Control Unit (ECU) retrofitted with injected
compressor, plate heat exchanger, electronic expansion device

To integrate the ETI system, the ECU was retrofitted with an economizer and an electronic
expansion valve (EXV), as illustrated with colors in Fig. 2. Moreover, Fig. 2 shows that EVI system
was configured with downstream injection (i.e., split line after the economizers outlet) according to
the manufacturer’s bulletin for optimal EVI injection control. The economizer is a brazed plate heat
exchanger (PHX), which was over-sized for the purpose of this study (Mösch et al., 2016). After the
PHX, a stepper motor-driven electronic expansion valve (EXV) is installed to facilitate and control
the down-stream injection to the compressor. The EXV has been selected based on the nominal
capacity of the PHX to control the injection flow. The EXV control is based on the injection quality
that resulted from the energy balance on the PHX (i.e., enthalpy at the injection state, ℎ!"# ) using a
PID control algorithm.
To accurately estimate the injection state, the enthalpy of the injected state is calculated based on
the energy balance across the economizer (PHX) as shown in Eq. (1) and Eq. (2),
ℎ!"# =

!!,!"! !!"#$,!"# !!!"!,!"# !!!"##
!!,!"#

+ ℎ!"#,!"#
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𝑄!"## = UA 𝑇! − 𝑇!"#   

  Eq. (2)  

where the heat leakage for the PHX was considered and estimated to have a constant overall heat
conductance of UA = 13.56 W K-1.
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Figure 2: Schematic of ETI system with measured points

To be noted is that all the retrofitted parts are fully insulated to avoid any heat loss during testing.
In addition, Fig. 2 shows the mounting position of each measuring instrumentation, while the
respective accuracies of these instruments are listed in Table 1. Finally, the unit was charged with
5.01 kg (11.05 lb) of refrigerant.
Table 1. Measurement instrumentation and accuracy

Physical parameter

Instrument

Range

Accuracy

In-line temperature

SS T-type

-250-350 C

± 1.1 oC

Surface temperature
Refrigerant pressure
(low/high)
Refrigerant pressure (econ)

T-type

-250-350 oC
0-1750, 0-3500, 0-7000
kPa
0-3447 kPa

± 1.1 oC

Pressure transducer
Pressure transducer

o

± 0.13% FS

Air humidity

Chilled mirror

-20-85 C, 0-95%

± 0.2 oC

Air flow rate

ASHRAE nozzle box

2188-5107 m3 hr-1

± 6.66 m3 hr-1

Refrigerant flow rate (total)

Coriolis

0-2720 kg hr-1

± 0.87 kg hr-1

Refrigerant flow rate (suc)

Coriolis

0-680 kg hr-1

± 0.18 kg hr-1

Power transducer

0-40 kW

± 0.5% FS

Current transducer

100:5 CR

± 1.5% FS

Power transducer

0-45 kW

± 0.25% FS

Current transducer

1000:1 CR

± 0.3% FS

Power transducer

0-2 kW

± 0.04% FS

Unit total power
Compressor power
Fans power

o

± 0.08% FS
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2.2.

Experimental methods

The experimental tests were performed in a pair of psychrometric chambers that simulate indoor
and outdoor conditions, with the unit located in the outdoor chamber. The test conditions are listed
in Table 2. The ECU was charged under the same operating condition of Test 4/A for testing the
economized two-phase injection (ETI) system with no-injection (baseline), saturated-injection and
two-phase-injection. To be noted is that Test Conditions 4/A, B and C are compliant with AHRI
(2008), while Test Conditions 1 and 2 represent extreme ambient temperatures. After ensuring that
the ECU reached steady-state conditions (typically after a run time of at least an hour),
measurements were recorded every two seconds for 20 min. The average values of the data
measurements were used in Section 3 to assess the ETI on improving the cooling capacity and
COP as well as the reduction of compressor discharge temperature.
Table 2. Experimental test matrix

Outdoor condition

2.3.

Indoor condition

Test No.

Dry-bulb
ºC (ºF)

Wet-bulb
ºC (ºF)

Dry-bulb
ºC (ºF)

Wet-bulb
ºC (ºF)

1

51.7 (125)

29.4 (85)

32.2 (90)

23.9 (75)

2

46.1 (115)

22.2 (72)

29.4 (85)

17.2 (63)

3

40.6 (105)

22.8 (72)

29.4 (85)

17.2 (63)

4/A

35 (95)

23.9 (75)

26.7 (80)

19.4 (67)

5

29.4 (85)

17.2 (63)

23.9 (75)

13.9 (57)

6

23.9 (75)

17.2 (63)

25 (77)

13.9 (57)

B

27.8 (82)

18.3 (65)

26.7 (80)

19.4 (67)

C

27.8 (82)

18.3 (65)

26.7 (80)

13.9 (57)

Data reduction

The cooling capacity and coefficient of performance (COP) were determined based on the air and
the refrigerant enthalpy methods. Both methods were determined using thermodynamic property
feature in the Engineering Equation Solver (EES) software (Klein and Alvarado, 2017) and
compared to agree with each other within 6% per ANSI/AHRI Standard 210/240 (AHRI, 2008). The
measured dry-bulb and dew-point temperatures, and the atmospheric pressure at a corresponding
location were used to determine the air enthalpies, whereas the local temperature and pressure
measurements were used to calculate the refrigerant enthalpies. Due to the fact that the available
measurements cannot be used to calculate the refrigerant property at a two-phase mixture state, it
was assumed a constant refrigerant enthalpy across the expansion valve. Note that for the air
mass flow rate, the nozzle box setup calculation included the water vapor during test sampling.
However, the air mass flow was corrected afterward during data reduction according to ASHRAE
Standard 41.2 (ASHRAE, 1987) for laboratory airflow measurements. Since the tube between the
compressor discharge port and the condenser inlet is relatively short, the pressure drop is
neglected. Hence, the total cooling capacity measured on the refrigerant-side and the air-side is
determined by Eq. (3) and Eq. (4), respectively. The cooling coefficient of performance (COP) is
calculated by Eq. (5) where 𝐸!"! is the total power input, which includes the compressor, the fans,
and the power used by the controllers.
𝑄!"#$,! = 𝑚!,!"# ℎ!,!"# − ℎ!,!"

Eq. (3)

𝑄!"#$,! = 𝑚! ℎ!,!" − ℎ!,!"# −    𝑊!"#$,!"#

Eq. (4)

COP!"! =

!!"#$,!
!!"!
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3. RESULTS AND DISCUSSION
The following sections discuss the experimental results for the economized two-phase injection
(ETI) system based on the performance testing from Section 2. In addition, an uncertainty analysis
of the performance results was carried out according to the Taylor and Kuyatt (1994) method by
using the EES software (Klein and Alvarado, 2017). The analysis considered both the accuracy of
the sensors and the propagation of sensors accuracies through the calculated properties.
3.1.

Discharge Temperature

The economized two-phase injection (ETI) reduces the discharge temperature of the compressor
due to the injection of cooler refrigerant during the compression process. Fig. 3 shows the absolute
improvement to the compressor discharge temperature of the ETI system for different testing
conditions. Note that the discharge temperature reduces significantly as more liquid injected to the
compressor shell. For instance, the discharge temperature reduced up to 11.4 K at Test Condition
1. On the other hand, Fig. 3 shows that the discharge temperature had limited improvement for
Test Condition 5 up to Test Condition C because the system was working at off-design points.
Nevertheless, the minimum reduction in discharge temperature was around 4.1 K at Test Condition
C.

Figure 3: Comparison of compressor discharge temperature improvement using saturated
and two-phase injections at different testing conditions

3.2.

Cooling Capacity

The cooling capacity of the economized two-phase injection (ETI) system improved as a result of
the increased subcooling in the economizer compared to the baseline cycle without injection. Fig. 4
shows that, for different testing conditions, the improvements in cooling capacity ranged from
approximately 3% to 10% when saturated injection was applied. As more liquid is injected to the
compressor, less refrigerant is flowing into the evaporator, and therefore a slightly decrease in the
cooling capacity can be observed, as shown in Fig. 4. The maximum reduction in cooling capacity
was approximately 2.4% at Test Condition 1. Otherwise, the reduction in cooling capacity remained
less than approximately 1% for the other test conditions for two-phase injection (i.e., 78%).
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Figure 4: Comparison of cooling capacity variations using saturated and two-phase
injections at different testing conditions

3.3.

Compressor Power

Economized two-phase injection (ETI) affects the compressor performance and consequently the
overall performance of the system. Fig. 5 compares the compressor power consumption for ETI
system with respect to the baseline case (no injection) for all tested conditions. It can be noticed
that the compressor power increased when more refrigerant was injected to the compressor. This
can be clearly seen for Test Condition 4 up to Test Condition 1 because at those conditions the
compressor was overloaded as more liquid was injected to the compressor. For instance, the
power consumption increased up to approximately 18% at Test Condition 1. However, no
significant increase in the compressor power can been seen for Test Conditions 5 to C. The
increase in power consumption was below 10% compared to the baseline case (no injection). Note
that for the cases of two-phase injection above 40.6 ºC (105 ºF) (i.e., Test 3 through Test 1), the
maximum operating electrical current of 18 Amp was exceed because the compressor was not
designed for air conditioning (AC) application, but for refrigeration application.

Figure 5: Comparison of compressor power consumption variations using saturated and
two-phase injections at different testing conditions.
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3.4.

System COP

Due to the variation in compressor power and high cooling capacity of the ETI system, the system
COP maintained almost constant, as shown in Fig. 6. Furthermore, Fig. 6 compares the system
COP for the two-phase cases with the baseline (no-injection) case at different testing conditions.
The system COP only varied from 2% to 5% when comparing the two-phase injection (78%) to the
baseline case (no injection). Again, the ETI compressor was not optimized for AC applications.
Rather, it was designed for refrigeration applications. This stipulates a potential for system
optimization at high ambient temperature conditions.

Figure 6: Comparison of system COP variations using saturated and two-phase injections
at different testing conditions.

4. CONCLUSIONS
This paper presents an assessment of two-phase injection with economization in a packaged air
conditioning (AC) unit to improve the performance under high temperature ambient conditions. The
effectiveness of economized two-phase injection (ETI) system was investigated in a 17.6 kW
Environmental Control Unit (ECU) with R-407C as working fluid. The ECU was retrofitted with a
plate heat exchanger (PHX) as an economizer, and an additional expansion device to
experimentally evaluate saturated and two-phase injections at extreme testing conditions.
Comparisons of cooling capacity, COP, and compressor power and discharge temperature were
analyzed with respect to the case of no injection. The results yielded the following conclusions:
•
•
•

The ETI system was able to reduce the discharge temperature up to approximately 11.4 K.
Despite the relative reduction in cooling capacity with two-phase injection, the ETI system
improved the cooling capacity by up to 10% for saturated injection.
Due to the design limitation of the ETI compressor for AC application, the system COP was
maintained almost the same compared to no injection case.

The future work will consider optimizing the ETI system for optimal injection state to maximize its
performance at high ambient temperature. Furthermore, a fully mechanistic cycle model could also
be developed to resemble the real AC system operation.
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NOMENCLATURE
h
ṁ
P
Ẇ
T
Q
AC
COP
ECU
ETI
EXV
PHX
AC

-1

specific enthalpy (kJ kg )
mass flow rate (kg s-1)
pressure (kPa)
work rate (kW)
temperature (°C/°F)
cooling capacity (kW)
air conditioning (–)
coefficient of performance (–)
environmental control unit (–)
economized two-phase injection (–)
electronic expansion valve (–)
plate heat exchanger (–)
air conditioning (–)

Subscript
a
comp
cond
dis
evap
in
inj
out
r
s
suc
sys

air
compressor
condenser
discharge
evaporator
inlet
injection
outlet
refrigerant
surface
suction
system
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ABSTRACT
"Double duct" room air conditioners (DD-AC) are compact systems with no external heat exchanger
unit. Outdoor air flow is conveyed through two ducts crossing external walls. Design and optimization
of a DD-AC operating with R290 are reported. A suitable 3D simulation code was developed for the
analysis of finned coils heat exchangers in order to optimize system efficiency, still minimizing
refrigerant charge. In particular, the effect of refrigerant condensate subcooling on refrigerant charge
and the optimal number of circuits on system performance were investigated. The R290 system
performance was compared in summer conditions, according to EN 14511, with a similar off-theshelf system operating with R410A. The results showed that, with a R290 charge lower than 150 g,
it is possible to achieve at least the same energy efficiency with the same cooling capacity of the
R410A system.

1.

INTRODUCTION

Propane (R290) has been investigated as a viable substitute for R410A in several refrigeration
applications, including air conditioners (Harby, 2017, Ribeiro and Barbosa, 2016, Wu et al, 2012)
because of its low global warming potential (GWP~3 or less). The major limitation in use for R290 is
surely its high flammability that requires a special design of the system components and, above all,
refrigerant charge minimization. Compact air conditioning systems without external remote heat
exchangers (as for example double duct air conditioners) offer promising opportunities for refrigerant
charge minimization, given the relatively shortness of refrigerant lines.
It is worth to underline that in compact air conditioning systems, given the relatively small charge
achievable also with HFC refrigerants, the indirect environmental impact, due to CO2 emissions
generated by energy consumption in use, is much larger than the direct effect consequent to the
refrigerant release in ambient. Therefore, it is mandatory to maximize the energy efficiency of the air
conditioner, keeping in mind that the key driver for a successful, in terms of safety, development of
hydrocarbon air conditioners is linked to the refrigerant charge minimization. It is worth noticing that
in compact air conditioners the condenser usually retains most of the refrigerant charge, depending
on condenser design and on system lay-out (Wu et al, 2012). Accordingly, it is mandatory to reduce
the volume of the two main heat exchangers (that operate can as condenser or as evaporator,
depending on the type of operation: cooling or heating mode).
It is also well known that the heat exchangers design has a strong impact on the heat exchangers
efficiency and consequently a marked effect on the energetic efficiency of the air conditioning
machines. Hence, it is necessary to optimize the condenser and evaporator design not only from the
point of view of charge reduction but also for an optimization of the thermal-hydraulic performance
of the refrigerant during the phase change processes, considering the peculiar thermophysical
properties of the refrigerant.
This paper presents the design optimization of a double duct compact room air conditioner operating
with propane. A detailed simulation tool, validated on the basis of the experimental characterization
of an off-the-shelf R410A system, is used to investigate the optimal number of circuits of the finned
coil condenser and evaporator and to evaluate the effect of the condensate subcooling on the
performance of a propane double duct room air conditioner.
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2.

IDEAL VAPOR COMPRESSION REFRIGERATION CYCLE

In order to gauge the performance potential of R290 vs R410A, the two refrigerants are compared
in an idealized vapor compression refrigeration cycle. The cycle chosen is meant to be
representative of typical comfort cooling operating conditions, and is specified by a constant
condensation temperature of 55 °C, an evaporation temperature of 10°C, with 5 K vapor superheat
5 K and no condensate subcooling, 0.7 isoentropic compression efficiency.
The thermodynamic properties of R290 and R410A were evaluated with REFPROP 10.0 (Lemmon
et al. 2018). Table 1 is comparing the main performances with R410A and R290 together with the
saturated liquid density. The volumetric cooling capacity (VCC) is the product of the suction vapor
density and the evaporator specific enthalpy change. The Coefficient Of Performance (COP) is the
ratio of specific cooling capacity (per unit mass of fluid) and the compression work.
Table 1. Cycle performance with R410A and propane

R410A
R290
Variation

VCC
(kJ/m3)
5340
3217
-40%

COP
(-)
2.92
3.26
+11%

Sat. liquid density
(kg/m3)
865.5
438.8
-50%

In an ideal cycle, it is possible to make the following observations:
•
First, the volumetric cooling capacity with R290 is about 40% lower. The R410A suction vapor
is about 3 times denser while the refrigeration capacity per mass of R290 is about 1.8 times the
R410A one, leading to 42% lower volumetric cooling capacity.
•
Second, not reported in Table 1, the compression work is about 40 % lower with R410A.
Considering that R290 has about 1.8 times larger refrigeration capacity per mass for R290, the COP
with the hydrocarbon is +11%.
•
Finally, the lower liquid density of the hydrocarbon permits to markedly reduce the refrigerant
mass inventory in the circuit. However, in order to minimize the charge, it is mandatory to reduce the
finned coil tubes diameter.

3.

“REAL” VAPOR COMPRESSION REFRIGERATION CYCLE PERFORMANCE

In the present work, an off-the-shelf "Double Duct" room Air Conditioner (DD-AC) operating with
R410A was taken as benchmark. DD-AC are compact systems with no external heat exchanger unit.
Outdoor air flow is conveyed through two ducts crossing external walls. In the following, the two main
finned coils heat exchangers (condenser/evaporator depending on the type of operation, i.e. heating
or cooling mode) will be indicated as “indoor air coil” (IAC) and “outdoor air coil” (OAC). The main
characteristics of the two finned coils are reported in Table 2.
As design criteria for the development of the R290 unit, it was decided to keep it as close as possible
to the off-the-shelf R410A appliance. Therefore, the external overall dimensions, the fans and the
air ducts were kept unchanged, as well as the overall heat exchangers dimensions. In order to reduce
the refrigerant hold-up, commercially available copper microfin tubes with 5 mm nominal OD were
adopted for R290 instead of the 7 mm OD ones, used for R410A.
3.1. Thermodynamic analysis
Cavallini et al. (2010) and Brown et al. (2014) clearly demonstrated that changing the refrigerant
and/or the tube diameter, while keeping fixed all the other relevant geometrical features of the finned
coil and the all the air side parameters, requires the optimization of the single circuit length. The
authors used the criterion of minimizing the entropy generation for the definition of suitable
performance evaluation criteria for in-tube condensation and boiling, like, for example, the Total
Temperature Penalization (TTP). The reader may refer to the above mentioned papers for a proper
definition of the TTP. The optimal circuit length is the one leading to minimum TTP.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3805

Table 2. Finned coil heat exchangers geometry (R410A)

Tube arrangement
Tube material
Finned coil length
Outside tube diameter
Inside tube diameter
Longitudinal tube spacing
Transverse tube spacing
Fin geometry (material)
Fin spacing
Fin thickness
Number of rows

(m)
(mm)
(mm)
(mm)
(mm)
(mm)
(mm)

Outdoor air
coil (OAC)
Staggered
Cu
0.3
7
6.3
12.7
21
louvered (Al)
1.4
0.1
4

Indoor air coil
(IAC)
Staggered
Cu
0.7
7
6.3
12.7
21
Louvered (Al)
1.3
0.1
2

The same approach was used here to compare R410A and R290 in reference conditions applicable
for a DD-AC. The models used for the estimation of refrigerant-side parameters such as heat transfer
coefficient, pressure drop, and void fraction are listed in Table 3. In Fig. 1a the TTP approach is used
according to Cavallini et al (2010) for condensation while in Fig 1b. according to Brown et al. (2014)
for boiling. All the assumptions are reported inside the figures. It is evident that, both with reference
to condensation and boiling process, in order to achieve the minimum TTP values, it is mandatory
to choose a proper circuit length. The optimal length is similar for R410A and R290, but propane
performance is more sensible to the length. The circuit for evaporator should theoretically be shorter
than that for the condenser. However, the TTP curves for the condenser are rather flat in the region
close to the minimum so, once that the evaporator has been properly designed, it is possible to
operate it as a condenser without remarkable thermodynamic penalization.
Table 3: Correlations used for the evaporator and the condenser

Evaporator refrigerant-side heat transfer coefficient
Condenser refrigerant-side heat transfer coefficient
Refrigerant-side pressure drop
Refrigerant void fraction
U-bend pressure drop
Air-side heat transfer coefficient

Figure 1a. Total Temperature Penalization
(TTP) as a function of the circuit length for 55
°C of saturation temperature.

Cavallini et al (2006)
Cavallini et al. (2009)
Cavallini et al. (2000)
Rouhani and Axelsson (1970)
Equivalent length = 30D
Manufacturer proprietary data

Figure 1b. Total Temperature Penalization
(TTP) as a function of the circuit length for 10
°C of saturation temperature.
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3.2. Detailed analysis
Starting from the above reported preliminary thermodynamic considerations, for the detailed analysis
of the benchmark R410A unit and for the design of the new R290 unit, the numerical approach
described in Casson et al. (2002) has been used with emphasis on the design the finned coil heat
exchangers. The heat exchanger is discretized in a series of finite volumes, each element is
calculated as small cross flow heat exchanger, and the conditions of both the primary refrigerant and
secondary coolant are passed to the adjacent volume.
The correlations used for the refrigerant-side parameters such as heat transfer coefficient, pressure
drop, and void fraction are listed in Table 3. The air-side heat transfer coefficients are calculated
according to semi-empirical correlations developed from an experimental data base collected at
Padova University. The air-side heat transfer coefficients are assumed to be constant and uniform
in the whole heat exchanger. The main geometric characteristics are reported in Table 2 and are
chosen according to a typical air-conditioning European production.
A simulation code of the whole chiller has been implemented based on the previously outlined
simulation tools for the condenser and the evaporator. The compressor is characterized through its
experimental compression efficiency (based on actual electric power consumption) and volumetric
flow rate polynomials. A flow diagram of the code is shown in Fig. 2.
The inlet dry and wet bulb temperatures and mass flow rates of indoor and outdoor air are the input
parameters to the simulation program, as well as the vapor superheat at the evaporator outlet.
Starting from suction and discharge pressure initial guess, each component subroutine provides a
refrigerant mass flow rate of the condenser, the evaporator and the compressor. When these mass
flow differences are higher than the set tolerance (fixed by the user), the suction and discharge
pressures are varied until the components’ mass flow rates converge within the set tolerance.

Figure 2: Simulation code flow chart
The present simulation tool was validated on the experimental performance data recorded for the
benchmark R410A unit. Tests were run in a calibrated ambient double room type calorimeter
according to EN 14511-2 and EN14511-3 specifications. The uncertainties of measurement fulfilled
EN 14511-3 and the most relevant for the present paper are reported in Table 4. The experimental
values are reported in Table 5. The measured condensate liquid subcooling was around 4 K.
Table 4 — Specification of the different measuring devices
Description
Refrigerant temperature
Dry bulb air temperature
Wet bulb air temperature
Volumetric flow rate (air)
Electric power

Uncertainty
±0.15 °C
±0.3 °C
±0.4 °C
±5 %
±1 %
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The simulation tool was able to capture the rated heating and cooling capacities, the EER and the
COP within 4%, hence it was considered calibrated and it was used for the design and analysis of
the R290 unit.
Table 5 — Test results according to EN 14511-3
Description
Measurement
Standard rating conditions, indoor air dry bulb (wet
27(19)
bulb) temperature in cooling mode
Standard rating conditions, outdoor air dry bulb
35(24)
(wet bulb) temperature, in cooling mode
Rated capacity for cooling Prated,c
2.35
Rated power input for cooling PEER
0.730
Rated Energy Efficiency Ratio EER= Prated,c/ PEER
3.22
Indoor air flow rate
420
Outdoor air flow rate
500

4.

Unit
°C

°C
kW
kW
m3/h
m3/h

ANALYSIS OF PROPANE DD-AC UNIT

Cavallini et al. (2014) demonstrated that, from a thermodynamic point of view, the overall
compression efficiency of a compressor developed for R290 should be quite close to (if not better
than) the efficiency of a R410A compressor. Accordingly, for the present analysis the polynomials
used for R410A compressor characterization were adopted also for simulating the R290 compressor.
Evidently, the compressor volumetric flow rate was increased to achieve with R290 the same
cooling/heating capacity of the R410A unit.
The rating conditions and flow rates reported in Table 5 were investigated with a fixed vapor
superheat at evaporator outlet of 5 K. Auxiliaries electric consumption was considered the same of
the R410A unit. For simplicity, the connection vapor and liquid lines were considered adiabatic and
with negligible pressure drops.
In order to assess the preliminary results of the thermodynamic analysis based on the TTP
performance evaluation criteria, a detailed 3D simulation tool was used to analyze the IAC and OAC
as stand-alone components. In particular, fixed condensation and evaporation temperatures (55 °C
and 10 °C, respectively), 0 K condensate subcooling, and 5 K vapor superheat were considered.
The length of each refrigerant circuit was increased from about 2 m to the maximum possible (14 m
for IAC and 22 m for OAC). As mentioned before, 7 mm external diameter (OD) microfin tubes were
used for R410A while 5 mm microfin OD pipes were considered for R290. Fig. 3a and Fig. 3b report
the exchanged heat flow rate and the corresponding saturation temperature drop for OAC and IAC,
respectively. The star bullets indicate the configuration adopted for the R410A unit, demonstrating
that the benchmark system properly adopted an optimized circuitation of both the condenser and
evaporator coils. The simulation of the evaporator at 10 °C saturation temperature, reported in Fig.
3b, indicates that R290 would require a shorter circuit length (i.e., higher number of circuits in
parallel) in comparison to R410A. However, one should also consider that the two-phase fluid
distribution in finned coil evaporators can be a heavy constraint for the designer. For this reason,
since analyzing Fig. 3b it emerges that there is limited difference in the heat capacity between 2 m
and 4 m for the IAC, a configuration with 4 circuits (i.e., length of the single circuit about 4 m) was
adopted for both R410A and R290.
Furthermore, basing on the simulation results, the length of the circuits in the OAC (Fig. 3a) was
slightly decreased from about 7 m (used for R410A, see star bullet) to about 5 m for R290.
Once fixed the circuitry configurations, the effect of condensate subcooling on system performance
was analyzed. It is well known that subcooling occurs by flooding the terminal region of a condenser,
with the consequence of an increase in the condensation pressure. In operation, this effect is
controlled by the refrigerant charge in systems with a thermostatic expansion valve and no liquid
receivers, like the one under investigation. It is common opinion that this practice brings about an
improvement of COP (i.e., the benefit of larger specific (per mass unity) refrigerating effect outweighs
the penalization arising from higher condensation pressure). From a theoretical point of view, this
advantage can mostly be attributed to the reduction of exergy loss in throttling process, together with
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a reduction of the heat transfer irreversibilities, due to the more favorable profiles of temperature of
the two fluids along the heat exchanger. Hence, a larger benefit can be expected for propane having
larger throttling losses than R410A and for operating conditions with a high temperature lift from
evaporation to condensation.
In Fig. 5 the effect of subcooling is analyzed for the R410A and R290 in terms of EER and mass of
refrigerant contained in the condenser during cooling operations, under the hypothesis of same
cooling capacity for the two fluids. As expected, an optimal condensate subcooling that maximizes
the EER (around 4-5 K for R410A and around 15 K for R290) exists for both the fluids. Propane
benefits more for the larger subcooling, obtaining higher EER with the same cooling capacity of the
R410A appliance, as presented in Fig. 6. However, the mass of hydrocarbon contained in the
condenser increases from about 26 g at 0 K subcooling up to 45 g at 15 K subcooling. Given the
much higher liquid density, the R410A charge is about 162 g at 0 K subcooling and it increases to
181 g at 4 K subcooling. According to Table 3, Rouhani and Axelsson (1970) void fraction model
was used for the condenser charge estimation. Similar calculations were run for the evaporator. The
liquid and vapor lines for the connection of different devices can be considered identical to the ones
in use for the off-the-shelf R410A unit and the corresponding refrigerant charge can be easily
evaluated once known the density of the single-phase fluid. The amount of refrigerant contained in
the compressor during cooling operation can be estimated experimentally with a gravimetric method
after quickly isolating the compressor during operation by means of rapid closing valves. Therefore,
for the propane system under development, it was possible to estimate a total refrigerant charge of
138 g.

Figure 3a. Exchanged heat flow rate and saturation temperature drop of OAC (cooling mode)

Figure 3b. Exchanged heat flow rate and saturation temperature drop of IAC (cooling mode)
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Figure 4. Effect of condensate subcooling on the EER, and on the mass of refrigerant
inventory in the condenser (cooling mode) (star indicates the measured value for R410A
unit).

Figure 5. Effect of condensate subcooling on the air conditioner cooling capacity (star
indicates the measured value for R410A unit).

5.

CONCLUSIONS

In this paper a detailed simulation model was implemented and validated on the experimental
analysis of a R410A double duct room air conditioner. The validated model was used for the design
of an identical appliance (i.e. same overall dimensions, same fans, same cooling capacity) operating
with propane as refrigerant. The analysis showed that is possible to design the unit operating with
less than 150 g propane charge, able to achieve the same capacity of the R410A and equal or
slightly higher performance (EER). The R290 system performance would benefit from a liquid
condensate subcooling larger than the R410A system, but this have an impact on the propane
charge in the system.
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ABSTRACT
The EU F-Gas Regulation brings a strict schedule for phase-down and a ban of synthetic high-GWP
refrigerants. Small industry sectors like manufacturers of environmental simulation chambers are
affected as well. Recent announcements of supply constraints and a massive price increase led to
the question if new drop-in alternatives are available. CO2 is a well-known and sustainable,
alternative refrigerant. It becomes also an option for the environmental test chamber industry.
A former work shows a concept of an environmental test chamber using CO2 as refrigerant. Its
cooling cycle allows also to operate in a heat-pump mode. It was theoretically evaluated by a
transient simulation model.
This study shall answer the question if the concept is working in reality. First measurements of a test
rig containing the new concept cycle are made and presented.
The measurement results show a significant energy saving potential. Furthermore a lower chamber
temperature can be achieved in comparison to a baseline chamber using R452A.

Keywords: Environment Simulation, Environmental Test Chamber, Carbon Dioxide, Cooling System,
Heat-Pump, Energy Saving Potential, Measurement

1. INTRODUCTION
Environmental test chambers are used for individual stress tests of technical parts, assemblies or
substances. These tests require predefined environmental conditions, which may include desired
settings for temperature, humidity, sun load or further conditions. Test procedures such as
temperature-time profiles are usually defined by published and proprietary standards. Hence,
environmental test chambers need to be designed for desired temperature ranges and necessary
temperature changing speed values to cover the specified test procedures. State-of-the-art
environmental test chambers use vapor compression cycles for cooling and an electrical heater for
heating.
Typical environmental test chambers for temperatures down to -40 °C use refrigerants like R404A
or R507 with a significant global warming potential (GWP) of 3922 and 3985, respectively.
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With respect to the EU F-Gas Regulation both refrigerants are not allowed to be used in new devices
as of the year 2020 due to their very high GWP values. Various publications from the environmental
simulation industry (Wagner (2017), Haack (2017), Weiss Umwelttechnik GmbH (2016) indicate that
new low-GWP mixtures (e.g. R452A or R449A) will be used as alternative refrigerants for R404A
and R507, respectively. However, the natural refrigerant CO2 may also be an interesting alternative
refrigerant, especially with regards to additional functionalities (as e.g. heat-pump operation).
This paper presents a new environmental test chamber with CO2 as refrigerant for cooling and heatpump mode. Measurement data from cooling and heating operation show in which temperature
range the new CO2 chamber can be operated properly. The energy consumption in cooling and
heating mode are compared between a baseline chamber and the CO2 chamber.

2. WORKING PRINCIPLE OF THE BASELINE AND CO2-CHAMBER
2.1

Test chamber and baseline cooling cycle

The baseline chamber 1 was investigated in previous experimental and theoretical studies (Wagner
et al., 2017, Wagner et al., 2018). Figure 1 shows a simplified diagram of the cooling cycle and the
test chamber. The test chamber has a constant volume of 280 l and is working with a continuous,
closed air loop that is driven by a radial fan at the top. The air circulates through the test chamber
and the adjacent conditioning channel. The conditioning channel consists of a finned tube evaporator
and an electrical heater. The utilized cooling unit (placed in the machine compartment below the test
chamber) is a standard vapor compression cycle. The compressor has a nominal volume flow rate
of 7.35 m3/h. The finned tube condenser uses a constant speed fan that provides an ambient air flow
of approximately 0.36 m3/s. The liquid receiver has an inner volume of 3.1 l. The cycle uses two
expansion devices. The first thermostatic expansion valve (TEV cooling) feeds the evaporator. A
second thermostatic expansion valve (TEV after injection) cools down the suction gas for test
chamber temperatures above 60 °C to protect the compressor. The total mass of R452A in the
baseline environmental test chamber for lab tests is 2.5 kg.

T1

4)

1) Test chamber

10)
2)

Tch,out

2) Chamber fan
3) Compressor

T10

4) Condenser

5)

5) Receiver

3)

6) TEV cooling

8)

1)

7)

7) TEV after injection
8) Evaporator
9) Electrical heater

6)

Tch,in

9)

10) Test chamber temperature

Figure 1: Schematic diagram of the state-of-the-art baseline test chamber and cooling cycle

1

Type 3433/17, Feutron Klimasimulation GmbH
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2.2

Cooling and Heating Cycle of the CO2 Concept Chamber

The new CO2 chamber represents a modification of the baseline chamber. Only the refrigeration
cycle is changed. Figure 2 shows the simplified schematic diagram of the CO2 refrigeration and heatpump cycle.

Figure 2: Schematic diagram of CO2 cooling and heating cycle

The blue line represents the cooling mode. A two-stage compression (compressor 1 and 2) with an
intercooler is used. This usually leads to higher cycle efficiencies but is mainly applied to reduce the
discharge temperature at high pressure ratios. An internal heat exchanger (HX4) is applied to further
cool down the high-pressure CO2 behind the gas cooler (HX1) by using the cold suction gas. The
CO2 is then expanded in a throttle valve (EV1) and fed to the evaporator (HX2). The mass flow rate
through the expansion valve is controlled to achieve an optimal cycle COP, which depends on the
gas cooler outlet temperature and the high pressure (Reichelt (1996)). The refrigerant may leave the
evaporator with temperatures above ambient temperature depending on the respective test chamber
temperature. In this case the refrigerant can be cooled by an additionally implemented superheat
cooler (HX3). The cooling power is provided by the environment. The evaporator can be bypassed
in case the refrigerant leaves the evaporator with a temperature lower than ambient temperature.
The high pressure control strategy and the one-stage expansion may lead to liquid CO2 after the
evaporator depending on the operational conditions. This is why an accumulator is incorporated and
separates liquid from gas to avoid liquid refrigerant entering the compressor. The accumulator also
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works as a liquid receiver, which balances the amount of refrigerant in the cycle. Behind the
accumulator (ACC) the refrigerant enters the internal heat exchanger (HX4) and is superheated prior
to the compression. For part-load operation EV2 controls the after injection behind the evaporator
and EV3 controls the hot gas bypass.
The heat-pump mode is highlighted in orange. For this operation mode a single stage compression
(C2) is applied. The first compressor of the cooling mode (C1) is therefore bypassed. The discharge
temperatures are expected to be in a moderate range, because the pressure ratio in the heat-pump
mode is lower compared to the cooling mode. After compression the refrigerant enters the
evaporator of the cooling mode, which works now as gas cooler to heat the test chamber (HX2). The
gas cooler of the cooling mode now works as evaporator (HX1) and uses the environment as a heat
source. The evaporated refrigerant then enters the accumulator (ACC). Like in the cooling mode the
internal heat exchanger (HX4) superheats the saturated vapor after the accumulator. An increase of
the suction gas temperature also increases the heating capacity.
Figure 3 shows the different operation modes in a p-h diagram. The cycles are designed to run
transcritical as well.

Figure 3: Operation modes of the CO2 chamber

3. EXPERIMENTAL INVESTIGATION OF THE CO2 CONCEPT CHAMBER
3.1

Test Setup

The CO2 concept chamber is build up as a test rig. For a better accessibility and visibility the cooling
cycle is placed in a separate rig (Figure 4). The cooling aggregate of an ordinary baseline
environmental test chamber is installed in the machine compartment below the test chamber.
Both compressors in the CO2 concept chamber test rig are hermetic with a displacement of 5 cm3
and BLDC motors, which are controlled by inverters. An oil separator is placed behind compressor
2 and injects, depending on its oil level, oil into the suction line of compressor 1. The accumulator
with a volume of 2 l can be used up to a pressure value of 100 bar. All heat exchangers, except HX4,
are custom build fin-tube heat exchangers. HX4 is designed as a plate heat exchanger. Table 1

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3815

shows the design points of the heat exchangers. The expansion valves are driven by step motors
and can be controlled externally via the data acquisition system. All components, except the
accumulator, can operate on a pressure up to 120 bar. The refrigerant charge is 2 kg.
With a data acquisition system temperature values (thermocouples, type T), pressure values
(transmitters accuracy ±0.07 bar calibrated in a range of 3 bar…72 bar) and the mass flow rate
(Coriolis flowmeter accuracy ±0.13 %) of the refrigerant can be measured as shown in Figure 4. To
evaluate the total electric energy consumption a Yokogawa WT330 power meter (accuracy ±0.5 %)
is used. The test chamber in- and outlet temperature Tch,in and Tch,out are measured with PT100
sensors. The measuring data PT100 sensors is read out of the control unit of the chamber.

Test chamber

Cooling
aggregate

Machine
compartment
for baseline
chambers

Figure 4: Picture of the CO2 chamber test rig
Table 1: Design points of the heat exchangers

Evaporator

T'CO2 ,in
in °C
-47

xCO2 ,in
in 0.53

xCO2 ,out
in 1

V̇ air
in m3/s
0.36

Tair,in
in °C
-40

Tair,out
in °C
-42.5

Q̇
in kW
1.12

TCO2 ,in
in °C
140
140
150

TCO2 ,out
in °C

Gas cooler
Intercooler
Superheat cooler

pCO
2
in bar
130
58.7
26.5

V̇ air
in m3/s
0.243
0.1215
0.09

Tair,in
in °C
20
20
20

Tair,out
in °C
47
50
52

TCO2 ,in,1 TCO2 ,out,1
in °C
in °C
25
6.4

pCO ,2
2
in bar
26.48

TCO2 ,in,2
in °C
-10.5

TCO2 ,out,2
in °C

Internal HX

pCO ,2
2
in bar
130

Q̇
in kW
7.8
4.29
3.44
Q̇
in kW

25
25
25
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3.2

Measurement Procedure of Cooling and Heating Cycle

During the measurement the test chamber temperature Tch is defined as the temperature of the air,
which leaves the test chamber and enters the conditioning channel (Tch,out of Figure 1 and Figure 2).
The procedure for the CO2 chamber starts with cooling down from a test chamber temperature of
50 °C to the lowest possible temperature. Compressor 1 runs with 7200 rpm and compressor 2 runs
with 2700 rpm. Afterwards the cycle is switched to heat-pump mode and only compressor 2 with
2700 rpm is activated. The procedure ends by reaching a chamber temperature of 55 °C.
3.3

Measurement Results of Cooling and Heating Cycle

The averaged ambient temperature during the measurement is 20.3 °C. Figure 5 a) shows the
cooling and heat-pump cycle of the CO2 chamber. The cooling cycle ends with a minimal test
chamber temperature Tch,out of -50.5 °C. During that time the lowest measured pressure on the
evaporator (HX2) outlet p7 is 5.2 bar and the suction gas pressure p11 is 4.6 bar. Hence the suction
gas pressure is below the triple point pressure of 5.18 bar (Lemmon et al., 2013). In the sight glass
close to p7 liquid and gaseous refrigerant can be observed. The sight glass close to p11 shows only
gaseous refrigerant. It is situated after the internal heat exchanger HX4 so the refrigerant is
superheated in a range from 34.6 °C to 23.8 °C. Even if the refrigerant pressure is below the triple
point no solid particles enter the compressor because of the superheating. It’s unknown if there are
solid particles in the cycle. They should be in the internal heat exchanger where the pressure loss
leads to a pressures below the triple point. If there were blockings in the internal heat exchanger
pressure fluctuations would occur in the evaporator. There are no pressure fluctuations observed.
Figure 5 a) also shows the discharge temperatures T12 and T1 of both compressors. T1 already
exceeds a value of 140 °C on a test chamber temperature of -36.6 °C and reaches a maximum value
of 191.3 °C. The discharge temperature T1 shouldn’t exceed around 140 °C because of the limited
thermal stability of the oil. T12 reaches a maximum value of 128.7 °C, which is in an acceptable
range. During heat-pump mode, starting after 52 minutes, T1 reaches a maximum value of 126.5°C,
which is also acceptable. A comparison to the measurement data (Tamb = 21.6 °C) of the baseline
chamber in Figure 5 b) shows that the CO2 chamber cools down much faster than the baseline
chamber. During cooling the baseline chamber shows a moderate discharge temperature T1 in a
range from 104.9 °C to 68.2 °C.
To compare the total electrical energy consumption Eel,tot it makes sense to look on different
sequences. Reason for this is, that the baseline chamber only cools down to -40 °C instead of
-50.5 °C and an electrical heater is used instead of a heat-pump. During the cool down procedure
from 50 °C to -40 °C the CO2 chamber saves 50 % of the total electric energy consumption compared
to the baseline chamber. During the heat-pump operation starting from -40 °C to 55 °C a reduction
of 49 % of the total electrical energy, compared to the baseline chamber, can be achieved. Reasons
for that significant reduction of energy consumption during cool down mode can be found in the use
of the two stage compression with intercooler and the internal heat exchanger. Beside this, the higher
cooling capacity leads to a faster cooling procedure, which reduces the energy consumption of
additional aggregates like fans and the control unit. The cooling procedure turns after 5.5 min from
a transcritical to subcritical process. Higher ambient temperatures would result in a longer operating,
transcritical cycle, which decreases the efficiency. Another reason for the faster cool down at the
beginning of the procedure could be the heat-pump mode, which ran before the test procedure.
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a) Cooling and heat-pump cycle of the CO2
chamber

b) Cooling and el. heating cycle of the
baseline chamber

Figure 5: Measurement results of the CO2 and baseline chamber

3.4

Suggestions for improvement and future work

The measurement data of the CO2 chamber show a large potential to use CO2 in environmental test
chambers. Furthermore different challenges can be identified.
The discharge temperature of compressor 2 T1 is too high. To reduce the discharge temperature the
middle pressure level has to increase. This can be realized by increasing the volume flow ratio
between compressor 1 and 2. In the present configuration the compressor 1 runs at maximum
speed and compressor 2 runs at minimal rotational speed, so the middle pressure level can’t be
increased in this configuration. Another possibility is the reduction of the size of the internal heat
exchanger HX4. In the present measurement the internal heat exchanger leads to suction gas
temperatures from 23.8 °C to 34.6 °C. A smaller internal heat exchanger reduces the suction gas
temperature. A lower suction gas temperature brings a higher suction gas density, which increases
the middle pressure level. Further the discharge temperature of compressor 1 decreases.
Another field of investigation is the oil management. In the present configuration the oil is separated
from the refrigerant after compressor 2 and injected into the suction line of compressor 1. Both
compressors are hermetic and they don’t have an oil level control. The different rotational speeds
and pressure ratios occur different values of the oil carry over rate of both compressors, which can
result in an overfill or an underfill.
To realize defined cooling speed down to constant temperatures it’s necessary to implement a part
load control strategy.
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CONCLUSIONS
In this work a new environmental test chamber with CO2 as refrigerant is presented. First
measurements of a cooling procedure show, that test chamber temperatures down to -50.5 °C can
be reached. However test chamber temperatures below -36.6 °C cause very high discharge
temperatures above 140 °C. The heating cycle with heat-pump mode shows moderate discharge
temperatures. In comparison with a baseline chamber the new CO2 chamber cools and heats much
faster. During cooling and heating mode about 50 % of electrical energy can be saved in certain
temperature ranges.
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COP
E
h
p
Q̇
t
V̇
x
T
T'

coefficient of performance (-)
energy (kWh)
enthalpy (kJ/kg)
pressure (kPa)
heat flow (kW)
time (min)
volume flow (m3/s)
vapor quality (-)
temperature (°C)
evaporation temperature (°C)

amb
ch
in
out
tot
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C
EV
GWP
HFO
HX
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Ambient
test chamber
Inlet
outlet
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accumulator
compressor
electronic expansion valve
global warming potential
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superheat cooler
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ABSTRACT
With the higher requirement of intelligent operation of HVAC system and the more operation data
being gathered, it is possible to use the operation data to intelligentize and optimize operation of
HVAC system. This paper presents an optimal method for operation of chilled water system of
HVAC. An online performance evaluation is set up and incorporated to guide the operation
optimization. The evaluation benchmark is an optimal performance curve based on historical
operation data and the time for optimization is determined by evaluation index. The optimization
includes energy prediction and setpoints optimization, which are based on BP neural network and
PSO, respectively. The proposed optimization method is validated by an actual chilled water
system located in China, and it is compared with a conventional optimization method. The results
show that the proposed method can save the energy consumption of the system without increasing
the computation burden.
Keywords: Chilled Water, Energy Saving, Operation, Optimization

1. INTRODUCTION
Chilled water system has great influence on the energy efficiency of HVAC system (He et al.,
2014). Recently, many optimization methods have been applied in the operation of chilled water
system, which can save considerable energy consumption (Vakiloroaya et al., 2014). Those
optimization methods can be categorized into two types according to used model: physical model
based methods and data-driven based methods (Asad et al., 2017). The physical model based
methods require detailed mathematical models to describe the thermal and physical relationships
between each device. This method is complex, and solving the models usually consumes a lot of
computation costs and memory resources (Nishiguchi et al., 2010). On the other hand, with the
popularity of building energy management systems (BEMS), operational data which includes
features of chilled water system becomes easy to collect (Xiao and Fan, 2014). The data-driven
based methods are promising in modelling complicated systems and many applications have been
studied (Fong et al., 2006).
Most of the proposed optimization methods have fixed optimization periods, that is, the
optimization will be done at a predefined period. However, the operation conditions do not change
periodically, and a fixed optimization period may not be energy-efficient for chilled water system.
Although it can increase the optimization frequency to achieve better energy saving, the system
may increase the computation burden (Wang et al., 2016). It is critical when the computation
resources of the system are limited.
In order to achieve better energy saving in chilled water system without increasing the computation
burden, this paper presents an optimization method incorporated with online performance
evaluation. An optimal performance curve is used as the evaluation benchmark and the evaluation
index is defined. The optimization is performed only if the evaluation index is less than the
predefined value.
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2. THE OPTIMIZATION METHOD
The principle of proposed optimization method is shown in Fig. 1, which includes two parts: online
evaluation and online optimization. The online evaluation can determine whether chilled water
system needs to be optimized, and the online optimization can output optimal setpoints under the
current operation condition. What’s more, the minimum time interval for optimization is used to
keep the operation of chillers stably.
Operation data

No evaluation and
no optimization

No

Time interval ≥
minimum time interval

Energy prediction model

Yes

No optimization

No

Evaluation benchmark

Objective function and
constrained conditions

Evaluation index

PSO algorithm

Evaluation index <
Evaluation threshold

The optimal setpoints

Yes

Figure 1: Schematic diagram of the proposed optimization method

2.1.

Online evaluation

Chilled water system contains many devices, which are interrelated and interact on each other.
The system coefficient of performance (SCOP) is defined and expressed in Eq. (1) to characterize
the energy performance of the chilled water system.
SCOP 

load
Ptot

Eq. (1)

Where Ptot is expressed by
Ptot  Pch  Pcdp  Ppchp  Pschp  Pct

Eq. (2)

Where load is the cooling load, P is the power, the subscripts tot, ch, cdp, pchp, schp and ct
denote the entire system, chillers, cooling water pumps, primary chilled water pumps, secondary
chilled water pumps and cooling towers, respectively.
2.1.1. Evaluation benchmark
The evaluation benchmark is the optimal performance curve. The optimal performance curve
consists of the maximum SCOP under the different operation conditions. The steps for establishing
the optimal performance curve are:
Step 1: According to the range of cooling load, the historical operation data is divided into n load
intervals.
Step 2: If the amount of data in one load interval is enough (more than 5), the maximum SCOP of
the load interval is obtained by moving-maximum method (Wang et al., 2017).
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Step 3: If the amount of data in one load interval is scare (less than 5), an approximation value of
the maximum SCOP is obtained by Lagrange interpolation.
Step 4: The maximum SCOP of each load interval constitutes the optimal performance curve.
Lagrange interpolation is one of polynomial interpolation methods. In the k th-dimensional search
space (k= 1,2,…,D), the Lagrange interpolation polynomial L(xk) passes through n different given
,y ,
,
,…,
, y , k= 1,2,…,D. Then the Lagrange interpolation polynomial is
points
expressed in Eq. (3) (Huang et al., 2019).
L( xk )  y1k

( xk  xk2 )( xk  xk3 ) ( xk  xkn )
( x1k  xk2 )( x1k  xk3 ) ( x1k  xkn )

 yk2

( xk  x1k )( xk  xk3 ) ( xk  xkn )
( xk2  x1k )( xk2  xk3 ) ( xk2  xkn )

Eq. (3)


 ykn
n

  yki
i 1

1
k
1
k

2
k
2
k

n-1
k
n-1
k

( xk  x )( xk  x ) ( xk  x )
( xkn  x )( x1k  x ) ( xkn  x )
xk  xkj
 i j
j 1, j  i xk  xk
n

According to Eq. (3), the interpolation of the maximum SCOP on a load interval is obtained.
2.1.2. Evaluation index
The evaluation index is defined as the ratio of the actual SCOP to the maximum of SCOP values.
The definition is shown in Eq. (4).
I index 

SCOPact
SCOPmax

Eq. (4)

Where Iindex is the evaluation index, and the SCOPact and SCOPmax are the actual SCOP and
maximum of SCOP, respectively.
The optimization condition is shown in Eq. (5). When the evaluation index is less than the
evaluation threshold, the optimization needs to be done. On the contrary, when the evaluation
index is larger than or equal to the evaluation threshold, there is no need for optimization.
  I thres , Optimization
I index  
  I thres , No optimization

2.2.

Eq. (5)

Online optimization

Online optimization includes energy prediction and setpoints optimization. Accurate energy
prediction is the premise of optimization, and the energy consumption of the chilled water system
can be saved by optimizing the control setpoints.
2.2.1. Energy prediction
BP neural network is used to predict energy consumption of chilled water system as its reliability
and can be pre-programmed in many programs (Kumar et al., 2013). The architecture of BP neural
network is shown in Fig. 2, which includes input layer, hidden layers and output layer. The input
layer and output layer represent the input and output of the prediction model, while the hidden
layers need to be trained by operation data.
Assuming that the main characteristic parameters that affect the SCOP are outlet chilled water
temperature, inlet cooling water temperature, primary chilled water flow and cooling water flow,
then the energy consumption of the system can be expressed as
Ptot  f (Tchw,out , Tcdw,in , mchw,prim , mcdw )
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Where Tchw,out is the outlet chilled water temperature, Tcdw,in is the inlet cooling water temperature,
mchw,prim is the primary chilled water flow and mcdw is the cooling water flow.
x1
Etot

x2

…

…

xn

Hidden layers

Input layer

Output layer

Figure 2: Architecture of BP neural network

2.2.2. Setpoints optimization
Particle swarm optimization (PSO) algorithm is used to optimize setpoints. PSO is a heuristic
global optimization algorithm, which seeks the optimal solutions through cooperation and
information sharing among individuals in the group (Wei et al., 2015). The optimization algorithm
has advantages of fast convergence and less parameters setting. The objective function and the
constraints are given by Eq. (7) and Eq. (8), respectively.
max SCOP 

load
load

Ptot
f (Tchw,out , Tcdw,in , mchw,prim , mcdw )

Eq. (7)

Tchw,out,min  Tchw,out  Tchw,out,max
Tcdw,in,min  Tcdw,in  Tcdw,in,max
mchw,prim,min  mchw,prim  mchw,prim,max

Eq. (8)

mcdw,min  mcdw  mcdw,max

where Tchw,out,min and Tchw,out,max are the minimum and maximum setpoints of Tchw,out , respectively;
Tcdw,in,min and Tcdw,in,max are the minimum and maximum setpoints of Tcdw,in, respectively; mchw,prim,min
and mchw,prim,max are the minimum and maximum setpoints of mchw,prim, respectively; mcdw,min and
mcdw,max are the minimum and maximum setpoints of mcdw, respectively.

3. METHOD VALIDATION
3.1.

The object of the optimization

An airport terminal’s chilled water system is used for validation, which is located in the south of
China. The chilled water system mainly consists of 4 chillers, 4 chilled water pumps, 4 secondary
pumps, 4 cooling water pumps and 5 cooling towers. The operation time is 7:00-22:00 per day.
The schematic diagram of the chilled water system is shown in Fig. 3. TRNSYS 17 is used to
develop the simulation model (Fan et al., 2014). 7 days in August are selected for simulation. The
outdoor temperature is shown in Fig. 4.
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Figure 3: Schematic diagram of the chilled water system
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Figure 4: Outdoor temperature

3.2.

Original control strategy

The original control strategy applies chillers sequence control (Fan et al., 2014):
a. When the load is less than the rated capacity of CH1, CH1 is turned on;
b. When the load is less than the sum of rated capacity of CH1 and CH2, CH2 is turned on;
c. When the load is less than the sum of rated capacity of CH1, CH2 and CH3, CH3 is turned on;
d. When the load is more than the sum of rated capacity of CH1, CH2 and CH3, CH4 is turned
on.
The setpoints of the outlet chilled water temperature, the inlet cooling water temperature are 7℃
and 30, respectively.
3.3.

Optimization methods

The proposed optimization method is compared with a conventional optimization method, which
includes energy prediction and setpoints optimization based on BP neural network and PSO. The
optimization period is 15 minutes.
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In this study, Tchw,out,min and Tchw,out,max are set as 7℃ and 12℃, respectively; Tcdw,in,min and Tcdw,in,max
are set as 26℃ and 30℃, respectively; mchw,prim,min and mchw,prim,max are set as 0 and 425 m3/h,
respectively; mcdw,min and mcdw,max are set as 0 and 540 m3/h, respectively.
The initial parameter settings of PSO algorithm are listed in Table 1.
Particle number

Table 1. Initial parameter settings of PSO algorithm

50
3.4.

Learning factors

Inertia weight

Maximum iterations

c=
1=0.8; c2 0.8

0.7

100

Results and analysis

The original control strategy is used as a reference. Fig. 5 shows the average energy saving of two
methods and Fig. 6 shows the average optimization times of two methods. It can be seen that the
average energy saving of the proposed optimization method is more than that of the conventional
optimization method, while the average optimization times of the proposed optimization method is
less than that of the conventional optimization method. This is because the proposed optimization
method optimizes chilled water system at the right time, but the conventional optimization method
optimizes the system at a predefined period, regardless of the change of operation conditions. As
known, the lower the optimization times, the smaller the computation burden. Therefore, the
proposed method can achieve better energy saving in chilled water system without increasing the
computation burden.

Average energy saving (%)

10

9

8

7

6

5

The proposed method

The conventional method

Figure 5: The average energy saving of two methods
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Average optimization times
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20

0

The proposed method

The conventional method

Figure 6: The average optimization times of two methods

4. CONCLUSIONS
This paper presents an optimization method incorporated with online performance evaluation in
chilled water system. The evaluation benchmark is an optimal performance curve, and the
evaluation index is defined. The proposed optimization method is compared with a conventional
optimization method which has a fixed optimization period. Results show that the proposed
optimization method can achieve better energy saving without increasing the computation burden.
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load
P
tot
ch
cdp
pchp
schp

cooling load (kW)
power (kW)
entire system
chillers
cooling water pumps
primary chilled water pumps
secondary chilled water pumps

ct
Iindex
Ithres
Tchw,out
Tcdw,in
mchw,prim
mcdw

cooling towers
evaluation index
evaluation threshold
outlet chilled water temperature
inlet cooling water temperature
primary chilled water flow
cooling water flow
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ABSTRACT
Flammable refrigerants like R32 and R290 can be used as alternative refrigerants for energy efficient
and environmentally friendly air conditioning systems. Nevertheless, the safety issue of such
flammable refrigerants limits their market expansion. Moreover, enhancements in building envelop
insulation have resulted in significant reduction in buildings’ thermal loads and increased demands
for ventilation. The objective of this study is to propose and develop a novel unitary air conditioning
system design enabling flammable refrigerants usage and building ventilation. In this novel design,
we minimized the refrigerant charge by using microchannel heat exchanger designs and reducing
the liquid line length. In addition, advanced hybrid options were applied such as two-stage cycles
and economizers. Moreover, the return air and condensate water from the evaporator were used to
cool down the condenser. We investigated the performance of the new unitary system design and
found that the annual performance factor can be increased up to 45%. This device can be used for
building air conditioning and ventilation with high efficiency in a safe manner with environmentally
friendly refrigerants.
Keywords: Flammable Refrigerants, Ventilation, Two-stage cycle, Energy Efficiency.

1. INTRODUCTION
Severe damage to the environment has been caused by many reasons including long-term usage
of halogenated gases as the refrigerant in refrigeration, air conditioning and heat pumping systems.
With the phasing out or phasing down of these refrigerants, the focus has been shifted to use low
global warming potential (GWP) fluids. Replacement of currently used refrigerants requires safe,
energy efficient and environmentally friendly characteristics (Calm, 2008). Nevertheless, no perfect
alternative refrigerant was identified (Venkatarathnam and Murthy, 2012). Mota-Babiloni et al. (2015)
wrote an overview and classification of current considerations about candidates to replace highGWP refrigerants used in markets. R290 and R32 are two efficient and non-toxic alternatives, yet
they are flammable. According to the literature (Cleland et al., 2009; Palm, 2008), it’s the safety issue
of such flammable refrigerants that limits their applications. These working fluids can be considered
in non-occupied systems or low-refrigerant-charge applications. Moreover, enhancements in
building envelop insulation have significantly reduced the buildings’ thermal loads but increased
needs for ventilation at the same time. Thus, guaranteeing the ventilation of the building is significant
in HVAC system design, especially for those systems using flammable refrigerants. Researchers
have also been studying ventilation parts of HVAC systems in the past three years. Lee et al. (2017)
studied an outdoor processing (OAP) unit and optimized the supply air temperature. Im et a. (2016)
tested the same building as Lee’s. Park et al. (2017) compared a general energy recovery ventilation
(ERV) system’s performance with a dedicated outside air system (DOAS) Zhu et al. (2014) tested a
roof top unit (RTU) and studied the setting supply air temperature and the part load ratio (PLR) of
the OAP. Some details of these studies are summarized in Table 1.
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Table 1. Recent literature about ventilation

Researcher
Solutions
(Year)
Lee et al.
(2017)

OAP

Gross Design
Floor Flow
Area Rate
300
𝑚𝑚2

5000
Park et al.
ERV/DOAS
(2017)
𝑚𝑚2
300
Im et al.
OAP/DOAS
(2016)
𝑚𝑚2
4000
Zhu et al.
RTU(OAP)
(2014)
𝑚𝑚2

0.189
𝑚𝑚3 /𝑠𝑠
0.56
𝑚𝑚3 /𝑠𝑠
0.189
𝑚𝑚3 /𝑠𝑠
0.40
𝑚𝑚3 /𝑠𝑠

Model

Validation

Cooling
/Heating

Simulation
/Field Test

Cooling
/Heating

Simulation
/Field Test

Cooling
Cooling

Control Logic

Max
System
COP

OA supply setpoint,
Not
Feedback control
mentioned
(RH indoor based)
Not mentioned

3.5

Field Test

Not mentioned

4.2

Simulation
/Field Test

OA supply setpoint,
PLR of OAP

4-5

Current RTU systems and unitary HVAC systems use traditional refrigerants and are usually installed
on the roof, attic or surrounding of the houses. Bourne et al. (2008) proposed a rooftop cooling unit,
which is directed to packaged rooftop units that provide heating, ventilation, and air conditioning to
buildings. This patent presents new RTU designs that include evaporative cooling of both ventilation
air and a condensing refrigerant, as well as other features, to significantly improve RTU efficiency).
Hwang et al. (2006) developed a unitary air conditioning system for individually cooling or heating
the zone. Accordingly, cooling or heating operation is performed on each zone of the building.
Simultaneously, additional individual heating or cooling operation can be performed on a specific
space. By doing so, the operation cost can be reduced, and cooling or heating in the building can
be efficiently performed. Wohlert (2013) studied a rooftop air conditioning unit having a centralized
refrigeration system. The author proposed a system comprising a plurality of rooftop HVAC units
having a centralized refrigeration unit, along with a method for retrofitting existing independent HVAC
units into the proposed system. The resulting multi-unit system offers increased efficiency and
reliability over independently operating HVAC units. However, these systems are unable to use
flammable refrigerants due to safety concerns. These systems were designed to use non-flammable
refrigerants. Moreover, they have no mitigation method in case the refrigerant leak. On the other
hand, the energy efficiency can be increased. Our proposed device optimizes the refrigerant charge
and contains safety dampers to prevent the refrigerant from entrancing the indoor environment in
the case of refrigerant leaks. The device is also installed with an economizer to get free cooling
during the shoulder reason, which the previous devices do not have. The device can be used for
both residential buildings and commercial buildings. More specifically, the device is a safe unitary
air conditioning system allowing the use of flammable refrigerants and building ventilation.

2. OBJECTIVES
The first objective of the invention is to be able to use flammable refrigerants. Various methods were
adapted to guarantee safety. First, the refrigerant charge was minimized by using microchannel heat
exchanger designs and reducing the liquid line length. Furthermore, two safety dampers were
installed on the return air duct and supply air duct. When refrigerant leaks, the safety dampers are
set to be closed to prevent refrigerant from entering the indoor environment. In addition, the device
was designed as a unitary system installed outside of the building, which would make the system
safer for customers. The system also aims at providing ventilation function due to high latent load as
building envelope improves its thermal insulation. An economizer was added in the device to
increase the energy efficiency and get free cooling during the shoulder season. Furthermore, the
return air and condensate water from the evaporator was used to cool down the condenser. The
third objective is to increase system efficiency. Besides the conventional vapor compression cycle,
the option of using a two-stage cycle also investigated. Then we estimated and compared the
performance of the new and existing system.
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3. METHODOLOGIES
3.1 System Design
The device is comprised of two sections. The first section is the condensing unit, which includes the
compressor, the condenser, and the condenser fan motor. The other section is the evaporating unit,
which contains the evaporator, supply air fan motor, and dampers. Two refrigerants, R290 and R32,
are considered in this paper.
3.1.1 Cycle
The two-stage vapor compression cycle has been reported to have 45% higher energy efficiency
than the single-stage cycle (Bertsch and Groll, 2008; Wang, 2008; Xu, 2012; Xu et al., 2012). In this
study, the device has two options which include a single-stage cycle and a two-stage cycle.
3.1.2 Description of the System
Fig. 1 illustrates the front view of the system including an outdoor unit (no. 15) and the duct which
can be separated as the returned air duct (no. 16) and the supply air duct (no. 17). The outdoor unit
(no. 15) is installed with an outdoor fan (no. 12). Fig. 1(a) shows the conventional system with a
single-stage cycle. Fig. 1 (b) shows the refrigerant system including an optional two-stage
refrigeration loop having a compressor (no. 5), a condenser (no. 1), a split unit, which also known as
phase separator (no. 2), an internal heat exchanger (no. 3), the expansion valve (no. 4), a hightemperature evaporator (no. 6) and a low-temperature evaporator (no. 8). A drain pan (no. 7) to
collect condensate water is installed under the evaporators. The condensate water is used to cool
down the condenser by spraying to increase the efficiency of the system. A damper (no. 13) is
installed on the duct (no. 17) to control the ambient air flow. Another damper (no. 14) is installed on
the return air duct (no. 16) to control the exhaust air flow. A blower (no. 9) is installed in the supply
air duct. To ensure safe system design and operations, two dampers (no. 10 and no. 11) are installed
on the return air duct (no. 16) and the supply air duct (no. 17), respectively. When the flammable
refrigerant sensor (shown as 19) detects a refrigerant leakage, the entire system would shut down,
a warning alarm would be made, and the safety dampers would be closed. However, the outdoor fan
(no. 12) could be kept on running to ventilate the refrigerant from the system. Fig. 2 illustrates the
top view of the system. A small duct (no. 18) connects the return air duct (no. 16) and the outdoor
unit (no. 15). The benefit of this design is to use partial return air to cool the condenser. Fig. 3
illustrates the left view of the system with ventilation dampers (no. 13 and no. 14) at different opening
modes. Fig. 3a shows the case that both dampers are closed. There’s no ambient air in and all the
returned air is used as the supply air in this case. In Fig. 3 b, the supply air is composed by part of
the return air and the ambient air. In Fig. 3 c, the return duct and supply duct are separated by the
dampers so that all the supply air is from the ambient environment. This situation can happen during
the shoulder season and free cooling can be achieved.

Figure 1: Front view of proposed system:
(a) Option 1: single stage system; (b) Option 2: two-stage system
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Figure 3: Left view of the proposed system

3.2 Basic assumption and modeling
Approach temperature method according to Thulukkanam (2013) was adopted to calculate the heat
exchangers performance due to its simplicity and effectiveness. Xu (2012) did both experiment work
and modeling work of a two-stage cycle of R32 using a single-stage cycle as a baseline. Based on
his experimental data for the single-stage cycle, the approach temperatures of the evaporator and
condenser were set at 5.7°C and 6°C, respectively. For the two-stage cycle, the approach
temperature of the first evaporator, the second evaporator, and the condenser was set at 5.7°C,
5.7°C, and 6°C, respectively. The pressure drop of the condenser was set at 50 kPa, while for
evaporator at 40 kPa. The mass flow rate of the fan of the evaporator and the condenser were 0.56
kg/s and 1.20 kg/s, respectively. In Xu et al.’s research (2012), the compressor isentropic efficiency
didn’t change a lot when the ambient temperature varied from 15°C to 35°C. It would decrease when
the ambient temperature increased to 45°C. However, in this study, nearly all the ambient
temperature (99% of the database) were below 35°C. Thus, we assumed the compressor isentropic
efficiency to be a constant as 0.7. The process through the expansion valve was considered as
isenthalpic. The pressure drop of the pipeline was ignored. The outdoor weather data is from TMY3
(Wilcox and Marion, 2008). The data of four different US cities (Baltimore, MD; Miami, FL; Houston,
TX; and Chicago, IL) in 1980 was used in this research to represent four different climate zones in
US. The indoor thermal load and the indoor temperature was set to be 10 kW and 26.7°C,
respectively (ASHRAE, 2013). To evaluate the annual cooling performance of this system,
temperature bin method was adapted (Erbs et al., 1983). The period considered for cooling was from
May to October. The modeling work was performed in Engineering Equation Solver (EES, 2011).

4. RESULTS
Fig. 4 shows the cooling bin hour distribution for Baltimore, MD from the weather database. The xaxis is the ambient dry bulb temperature. Y-axis is the number of hours in a certain temperature bin.
Fig. 5 shows the simulation results of the system’s performance. The x-axis shows the ambient dry
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bulb temperature, while the Y-axis is the system’s COP from the simulation program. Different color
of lines means different cycle option. These lines stand for the single stage cycle of R290, the single
stage cycle of R32, the two-stage cycle of R290 and the two-stage cycle of R32, respectively. At
35°C ambient temperature, the COP of the R32 single-stage cycle is 3.3, which is the same as Pande
et al.’s results (1996). It is observed that the system COP decreases with ambient temperature. In
addition, the two-stage cycle has better performance (COP increased by 1% at 35°C ambient
temperature) than the single stage cycle.

Figure 4: Temperature Bin Distribution for Baltimore, MD from TMY3

Figure 5: System COP simulation results
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Table 2 shows the annual performance factor (APF) results for four US cities. With the adoption of
the economizer, free cooling can be achieved under 18°C. This helps increase the efficiency of the
system. Annual performance factors of each cycle with two refrigerants are shown in Table 2. The
APF can be increased by 31% with economizer and by 45% with two-stager cycle and economizer
in Chicago. The result of Miami shows that the economizer couldn’t increase the performance
because of high temperature all year round. The result of Houston shows that the economizer only
has a limited effect on the APF as this city has a rather low temperature in the winter and the
temperature is higher than 18°C during the shoulder season. According to this table, the new system
with economizer can have the best performance to be used in a place has mild-and-warm weather
condition like Baltimore and Chicago.
Table 2. APF results for four US cities

City
Baltimore
Miami
Houston
Chicago

Refrigerant
R290
R32
R290
R32
R290
R32
R290
R32

One-stage cycle without
economizer
4.84
4.80
4.09
4.02
4.25
4.19
5.14
5.12

One-stage cycle
with economizer
5.79
5.72
4.11
4.04
4.66
4.59
6.78
6.71

Two-stage cycle
with economizer
6.31
6.31
4.45
4.42
5.05
5.03
7.41
7.42

5. CONCLUSIONS
In this study, a novel unitary air conditioning system’s design concept allowing the use of flammable
refrigerants and the building ventilation was proposed. We minimized the refrigerant charge by using
microchannel heat exchanger designs and reducing the liquid line length. In addition, advanced
hybrid options were also applied such as two-stage cycles, and economizer integrations. Moreover,
the return air and condensate water from the evaporator was used to cool down the condenser. We
simulated the performance of the new unitary system design and found that the APF can be
increased by up to 45% as compared to existing design. This device could be used in residential
and small commercial buildings as a high-efficiency design in a safe manner with environmentally
friendly flammable refrigerants.
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NOMENCLATURE
COP

Coefficient of Performance

HVAC

Heating, Ventilation and Air Conditioning

DOAS

Dedicated Outside Air System

OAP

Outdoor Processing

ERV

Energy Recovery Ventilation

RTU

Roof Top Unit

GWP

Global Warming Potential
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ABSTRACT
Indonesia has taken an active role in the phase-out of ozone depleting substances and reduction
of high global warming potential substances in HVACR systems. For air conditioning applications,
the choice has been geared toward the use of natural refrigerant with hydrocarbons shows a great
potential to be an alternative refrigerant. This paper presents review on the development of
hydrocarbon refrigerant applications in Indonesia. As a case study, the installation, performance
measurement and safety analysis of a hydrocarbon (R290) chiller for air conditioning application in
an auditorium building at Universitas Indonesia is presented. Field measurement was performed
on refrigerant, cooling water and air sides to obtain its performance at several cooling load
conditions. The paper also presents analysis on the safety for the flammability aspects, charge limit
as well as applicable national standards for its safe use and handling as well as benchmarking with
international standard. The study showed that the hydrocarbon chiller is an energy efficient and
safe option for air conditioning application in Indonesia.

1. INTRODUCTION
Indonesia is one of the fastest growing markets for air conditioning (AC) primarily for residential
sector. The population of the AC system is depicted in Figure 1. As this sector is contributing to
both ozon depletion and global warming both directly from the use of refrigerant and indirectly from
its use of energy from fossil fuel sources. Indonesia has taken an active role in the phase-out of
ozone depleting substances through ratification of Montreal Protocol since 1992 and its all
amendments in 2006. As of 2008, the import of chlorofluorocarbons (CFC) has been prohibited
and subsequent phase out of hydrochlorofluorocarbons (HCFC) is on the way. the use of different
types of HCFC-based refrigerants has been decided to phase out by 2030 in all developed
countries and by 2040 in developing countries, including Indonesia For refrigeration and air
conditioning applications, the choice of environmentally friendly refrigerants has been geared
toward the use of hydrofluorocarbons (HFC) due to its non-ozone depleting effects. However, the
concern on its global warming potential has caused the search of refrigerants with both non-ozone

Total sales: approx 2.5 Mio Units

Split residential
AC
94%

Split
commercial AC
4%

Other: Selfcontained, duct
split, rooftop
ducted,
multisplit

Figure 1: Population of AC system in Indonesia (GIZ, 2015)
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depleting and low global warming impact properties. Recent Kigali amendment in 2016 set plan for
HFC phase down in coming years. As a drop-in option, hydrocarbons refrigerants have a great
potential to be an alternative refrigerant that is not only satisfy the above requirements but also
improve energy efficiency and lower refrigerant charge for the equipment, leading to lower direct
and indirect carbon dioxide-equivalent emission.

2. HYDROCARBON REFRIGERANT APPLICATIONS: PERFORMANCE ANALYSIS
The use of hydrocarbon (HC) refrigerants R600a (isobutane), R600 (normal-butane), R290
(propane), R1270 (propylene) and refrigerants mixed from three of them or replacements for
HCFC’s and HFC’s continues around the globe and also in Indonesia. The R600a, R600, and
R290, R1270 are commonly used as single, non-mixed refrigerant. They have ozone depletion
potential (ODP) factors of zero and a very low global warming potential in comparison to incumbent
HCFC or HCF refrigerants.
Neither of these refrigerants are “drop-in” replacements for HCFC’s or HFC’s. There are significant
differences between R600a and R290, and the non-HC refrigerants that must be considered in
handling, processing and application. These descriptions are offered to help understand these
differences. Hydrocarbon refrigerant has found in Indonesian market derived from some of the
manufacturer or brand (Musicool, Petrozon, Hycool, Artek and some brand import) to be
distinguishable in the following types:
1. Hydrocarbon refrigerant for substituting R22, using a pure propane ( R290 )
2. Hydrocarbon refrigerant for substituting R134a, using a mixture of propane, iso butane, and
normal butane with a particular composition.
3. Hydrocarbon refrigerant for substituting R12, using a mixture of propane, iso butane, and
normal butane with a particular composition.
4. Hydrocarbon R600a (iso butane) & R600 (normal-butane), usually they are used in
domestic refrigeration system.
Hydrocarbon refrigerant are miscible with and soluble in conventional mineral and synthetic oils
used with a HCFC’s. From the three types of product, the most common to find is R290 (Pure
propane), certain amount of hydrocarbon are used as a substitute for R134a, but starting in 2014
there have been no found again hydrocarbon to substitute R12. As an illustration, a given
displacement compressor with R600a will produce 50 to 60% of then capacity that it would with
R134a. R290 will produce 85 to 90% compared to R404A. R600a and R290 are compatible with all
materials used in All Products’ hermetic compressors and condensing units that are designated for
use with these refrigerants. The types of system which are using hydrocarbon refrigerants in
Indonesia are: split air conditioning (office and housing), vehicle air conditioning (train, bus, and
private transport), and chiller at building commercial, showcase refrigeration system and storage
refrigeration system.
Refrigerant HCFC22 (R22), the most estimated currently, despite its low ODP, has a 1,810 GWP
which is considered high. The limit on the use of R22 is 2030 for developed countries, and 2040 for
developing countries. Therefore, R22 needs to be replaced with other environmentally friendly
refrigerants (Tian et al., 2014, Aurora and Kaushik, 2008, Chen and Yu, 2008, Fuadi et al. 2018).
Many studies have been dedicated to alternative refrigerant HC290 (R290) and several other
refrigerant mixtures (Qian et al., 2016; Shaik and Babu, 2017; Sah et al., 2014; Wu et al., 2012).
R290 has zero ODP with very low GWP, which is 3.3. The properties of R290 and R22 are shown
in Table 1. The performance comparison between hydrocarbon refrigerant and R22 refrigerant is
presented in Figure 2.
No.
1
2

Table 1. Properties of R290 and R22

Refrigerant
R22
R290

Boiling
Point
(ºC)
-40.81
-42.11

Critical
Pressure
(Mpa)
4.99
4.2512

Critical
Temperature
(K)
369.3
369.89

ODP

GWP
(in 100 years)

0.055
0

1760
3
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Figure 2: Comparison of Hydrocarbon and R22 performance (Opplet, 2015)

The hydrocarbon refrigerant application policy in Indonesia is associated of its energy performance
characteristic, hence is included in energy conservation and environmental policy. In line with the
issue of climate change, Indonesia is committed to reducing greenhouse gas (GHG) emissions
amounting to 26% by 2020 from the level of business as usual (BAU) with its own business and
reaching 41% if it receives international support. To realize this commitment, the President of
Indonesia established Presidential Regulation Number 61/2011 concerning the National Action
Plan for Reducing Greenhouse Gas Emissions. Energy conservation is a systematic, planned and
integrated effort to preserve domestic energy resources and improve the efficiency of their use. In
relation to energy conservation in order to achieve national energy security, the government has
issued various regulations ranging from the highest, namely Law Number 30 of 2007 concerning
Energy, Government Regulation Number 70/2009 concerning Energy Conservation, Presidential
Instruction and various ministerial regulations as operational guidelines. In Government Regulation
number 70/2009 concerning Energy Conservation, it is mandated that energy conservation is the
responsibility of the government, regional government, employers and the community. In addition,
national energy conservation covers all stages of energy management, namely the activities of
supplying, exploiting and utilizing energy and conserving energy resources. Government
Regulation Number 70/2009 concerning Energy Conservation requires that energy users who use
energy equal to 6000 (six thousand) tons of oil per year to apply energy management which
includes, appoint a certified energy manager, compile energy conservation programs, carry out
periodic energy audits by certified auditors, carry out the results of the energy audit, and report on
the implementation of energy management to the government. This regulation is supported by the
Minister of Energy and Mineral Resources Regulation Number 14/2012 concerning Energy
Management, which technically clarifies the steps and obligations that must be done in
implementing energy management.
The national standard SNI 6390:2011 on energy conservation in building air conditioning systems
addresses the energy efficiency recommendations for chillers in Indonesia. The standard applies to
new and modified refrigeration systems and covers unitary and chiller systems, fans, pumps,
ducting and insulation. In the Indonesian standard, the chiller system is defined as refrigeration
systems with cooling capacities above 176 kW (50 TR). The standard also recommends several
energy conservation measures to achieve energy efficiency. The implementation of standards
mainly takes place in the building sector and has been defined by the Energy and Mineral
Resources Ministry (ESDM 31/2005 and 14/2012), the Public Works Ministry (PU 29/2006 and
02/2015) and several municipal government regulations. Recent development for rating and testing
is set in SNI 8476:2018. These standards are not yet mandatory, and, consequently also not
enforced. Furthermore, the current standards only set full load requirements.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3837

Table 2 Energy performance standard for air conditioning system in Indonesia

Refrigeration system

Compressor
type

Minimum Efficiency

Capacity

COP
(kW/kW)

EER
(kW/TR)

2.70

1.303

Variable refrigerant
volume

3.70

0.951

Split duct

2.60

1.353

< 65.000
Btuh

Split

Air cooled chiller

Reciprocating

< 150 TR

2.80

1.256

Air cooled chiller

Screw

< 150 TR

2.90

1.213

Air cooled chiller

Reciprocating

> 150 TR

2.80

1.256

Air cooled chiller

Screw

> 150 TR

3.00

1.172

Water cooled chiller

Reciprocating

< 150 TR

4.00

0.879

Water cooled chiller

Screw

< 150 TR

4.10

0.858

Water cooled chiller

Reciprocating

> 150 TR

4.26

0.826

Water cooled chiller

Screw

> 150 TR

4.40

0.799

Water cooled chiller

Centrifugal

> 150 TR

6.05

0.581

It can be deduced that the level of compliance to the standard is varied and there are chillers
operating with energy efficiency below the requirement or chillers that have not been addressed in
the national standard. In the global context, the US and Japan and latterly Europe have been the
trendsetters in developing and implementing a comprehensive set of Minimum Energy
Performance Standards and labels to drive the energy efficiency of refrigeration and air
conditioning appliances, including chillers.
Table 3 Typical energy performance of RAC equipment in Indonesia

Industry Types

Description

Commercial
(<12hp)

Retail food service, Walk-in
coolers/freezers and other
commercial cold rooms

Industrial (> 12 hp)

Transport
Refrigeration

Unit
number

Industrial cold rooms, chilling
plants
and
refrigerated
warehouse
Refrigerated
container van

truck

and

Residential, Light Window-, split- and packageCommercial and type AC
Commercial AC
Chiller

Water cooled and air cooled
chillers

Typical
EER/COP in
2012 Prior to
HPMP

COP SNI
6390:2011

8.2 – 10.9 (EER)
11,055

2.4 – 3.2 (COP)
8.2 – 12.6 (EER)
2.4 – 3.7 (COP)

15

1.4 mil

511

N/A

N/A

8.2 – 10.9 (EER)
2.4 – 3.2 (COP)

N/A

8.2 – 12.6 (EER)
2.4 – 3.7 (COP)

2.6-3.7

8.2 – 10.9 (EER)
2.4 – 3.2 (COP)
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As a case study, an air conditioning system using R290 is discussed in the following section. The
cooling system in Universitas Indonesia utilizing hydrocarbon refrigerant within academic institution
is the first in Indonesia. The air-cooled reciprocating chiller is installed at the Auditorium Art Center
in the university for the purpose of air conditioning the indoor of the Auditorium which is built for art
performance and educational activities as shown in Figure 3. The building, particularly the
auditorium, is functionally designed to cope with the incoming and outgoing of audience whenever
there is on event being held. Outside the hours, the auditorium is closed to the public. The
auditorium is able to house 400 people. The system is designed with a typical one-stage
refrigeration cycle.
From the performance investigation, the following conclusions can be drawn, the maximum cooling
effect at freeload condition is reached at 135.33 kW with energy consumption of 34.62 kW when
the water temperature at inlet side is within 15.1ºC. At partial load during testing condition the
obtained cooling capacity is 148.39 kW with power consumption for compressor work is 30.12 kW
when the water temperature at inlet side is within 7.8ºC. The highest COP value during freeload is
obtained when the water temperature at inlet side is within 8.9ºC. The maximum value of COP is
4.27 with cooling effect generated around 125.93 kW and compressor work of 30.06 kW. The
optimum system at 64% cooling load from the chiller specification design. The maximum value of
COP during partial load is reached at the value of 5.25 with cooling capacity obtained is 148.39 kW
and the compressor work of 30.12 kW when the water temperature at inlet side is within 7.8ºC and
the optimum chiller in the range of 75% loading.
Table 4 Specification of R290 chiller at Universitas Indonesia

Cooling Capacity:
Total Power
Consumption:
Refrigerant:
Charging:

56 TR
197.6 kW
55.9 kW (dual
compressors)
Propane HC290 (R290)
2 x 16.6 kg

Refrigerant Charge:

2 x 14 kg

Nominal Fluid Flow:

33.8 m3/h

Pressure Drop @
Nominal Flow:
Refrigerant Flow
Control:

30.0 kPa

Thermostatic
Expansion Valve
with External
Equalizer
Total Rated Ampere
101 A
Quantity (Circuit)
1 (2)
Complementary Measurement Tools : Refrigerant Side & Water Side Measurement, Pressure
Transducer, Temperaturee Transducer, Refrigerant Flow Meter, Water Flow Meter, Water
Temperaturee Inlet & Outlet Chiller, kWh Energy Monitoring.

Figure 3: Art Center auditorium at Universitas Indonesia utilizing chiller with R290

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3839

3. HYDROCARBON REFRIGERANT APPLICATIONS: SAFETY CONSIDERATION
On the safety aspect, there are three main national standards related to safety aspects of
hydrocarbon refrigerant applications in Indonesia. The national standard SNI 6500-2018[5]
regulates the use of refrigerants for fixed refrigeration systems (including chiller applications). The
second national standard SNI 6501.1-2000 lays out the safety guideline for refrigerants of the A3
safety group in regard to filling, storage and transportation processes. The safety guideline that
specifically addresses the hydrocarbon refrigerant is SNI 7647:2010. These standards are
discussed in the following section.
Indonesian standard on chiller safety measures is set in place by SNI 6500-2018: Refrigerants for
fixed applications. The standard covers wide ranges of stationary chillers, including new and
modified refrigeration systems, relocated systems, as well as system converted from the use of
one refrigerant to an alternative refrigerant (retrofit). Referring to SNI ISO 817:2018, the national
standard classifies the refrigerant into groups based on the flammability and the toxicity level. The
flammability levels of the refrigerants are classified into Class 1 to 3 with increasing flammability.
The values are based on the flame propagation behaviour when tested in air at 101 kPa pressure
and temperatures between 18 to 21C. Both the lower flammability limit (LFL) and calorific value of
the refrigerants are considered to determine the flammability classification. The toxicity level is
divided into A and B groups with increasing toxicity. The group A refrigerants have a toxicity level,
in regards to lethal concentration, of LC50 value higher than 10,000 ppm, while the group B
refrigerants have a LC 50 value lower than 10,000 ppm. Based on this standard, the refrigeration
systems are also classified into high risk and low risk system based on the probability of the
refrigerant being released into the occupied area. The room type classification is based on the
accessibility to the occupants, the familiarity of occupants inside the room regarding the safety
procedures of the room, and the ease of the occupant to be aware of the condition changes inside
the room during emergency situations. Room type is divided into three groups based on the criteria
mentioned above.
The maximum refrigerant charge is regulated for general A3 class refrigerant, including R290. The
maximum mass charge is calculated as follow (Pasek, 2013):
𝑚𝑚𝑎𝑥 = 2,5 × 𝐿𝐹𝐿5/4 × ℎ𝑜 × 𝐴1/2

Eq. (1)

or, minimum area
2

𝑚

𝐴𝑚𝑖𝑛 = (2,5 × 𝐿𝐹𝐿5/4 × ℎ )
𝑜

Eq. (2)

Where m is the mass of refrigerant charge in kg, and A is area, in m2.
To accommodate the use of every type of refrigerant on a type of system group installed in each of
room type, SNI 6501.1-2000 has established 20 rules to follow. Hydrocarbon refrigerant may be
used as a an alternative refrigerant in various sectors and it is available on the Indonesian market
at competitive prices. However, the safety issues may limit the application of this substance. As a
consequence of the missing safety measures, the following hazards can be found in Indonesia
which could be avoided by adhering to advanced standards in line with international rules, such as
the EN378, enhanced training and certification of technicians and enforcement of these
requirements. In the global context, due to the advantage of natural refrigerants, in particular
hydrocarbons, it is recommendable that these refrigerants become permissible as long as they can
be safely handled. The standards serve to set the boundaries under which natural refrigerants can
safely be used. The European Union has established EN 378 and EN 60335-2-40 harmonized
standards. Internationally, the most elaborate and comprehensive international standard and
standard framework in place allowing the use of natural refrigerants is the European Standard EN
378. The current Indonesian standard covers large parts of the EN 378. There are certain aspects
included in the EN 378, not yet as comprehensively addressed under the SNI 7647:2010. These
aspects include the handling potential sources of ignition, leak detection requirements and
requirements on information instructions. The Indonesian Ministry of Environment Regulation No.
2/2007 also requires the retrofitting and recycling of refrigerants on chillers to be carried out by
technicians holding a certification. However, to date, such certification has not been implemented
or enforced in the market. It is recommended that a certification scheme for technician is
established for retrofitting, recycling and the installation of chillers with flammable refrigerants.
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4. CONCLUSIONS
This paper presents a review on hydrocarbon refrigerant application in Indonesia. Hydrocarbon
refrigerant is a natural refrigerant with higher energy efficiency than conventional refrigerants.
Applications in refrigeration and air conditioning of hydrocarbon refrigerants in Indonesia have
been found in several sectors including initial (dedicated) machine and retrofitting. The policy and
regulation of the refrigerant is associated to energy conservation and environmental consideration.
Both national and international energy efficiency requirements were discussed. The national
Indonesian standard SNI 6390:2011 on energy conservation in building air conditioning system
contains the energy efficiency levels for air conditioning and chillers. A case study of building air
conditioning using R290 is presented. The second part of the study discusses the safety aspects of
its applications. The flammability aspects, material and equipment compatibility, and applicable
standards for its safe use and handling in Indonesia are also addressed. With the SNI 7647:2010
Indonesia has a safety standard in place which allows the operation of chillers with natural
refrigerants, including hydrocarbons. The study showed that the hydrocarbon chiller is an energy
efficient and safe option for air conditioning application in Indonesia.
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ABSTRACT
This study is dedicated to the creation of the schematic solutions of the evaporative cooling and air
conditioning systems, development of the heat and mass transfer equipment for such systems,
experimental investigation and analysis of principle possibilities of such systems on the basis of
carried out theoretical and experimental research. The theoretical modeling of the coupled heat
and mass transfer process in indirect evaporative coolers of water and air is carried out. It is shown
that the dew point temperature of the air flow entering the evaporative cooler can be served as a
limitation of cooling. The difficulties connected with obtaining the cooling limitation for lowtemperature cooling connected with the possible condensation of water vapor in the air flows,
when the air flow contacting with water becomes fully saturated before going out from the heat and
mass transfer device, are studied.
Keywords: Evaporative Coolers, Natural Cooling, Air-Conditioning, Energy Saving

I. INTRODUCTION
The interest to the possibilities of the evaporative cooling has been increased recently. It is caused
by their small energy consumption and by their environmental loyalty (Chen et al., 2015;
Doroshenko and Glauberman, 2012). Both direct evaporative coolers (DEC - air coolers and water
coolers, cooling towers (CTW)) and indirect evaporative coolers (IEC) find a wide practical
application. The capabilities of such coolers according to the achievable level of cooling are limited
by wet bulb temperature of the outside air twb. This temperature is a natural limitation of cooling.
The efficiency of such systems depends essentially on local climatic conditions. The evaporative
coolers with decreased level of cooling have been intensively studied recently (Maisotsenko and
Gillan, 2003; Pandelidis et al., 2015; USA Patent 2009/0007583; USA Patent 6,494,107). The
purposes of the present study are the extension of the practical area of application of evaporative
water and air coolers; design of the corresponding new solutions, and particularization of the
conditions for realization of the low-temperature cooling, primarily, the determination of optimal
ratios of contacting flows.
In IEC of air (Fig. 1), which have become the most widely used recently, the air flow (F) entering for
cooling, is divided into two parts. The auxiliary air flow (A) enters the "wet" part of the cooler, where
it contacts with water film, flowing down on the surface of the channel (water recirculates through
the packing of the device). The evaporative cooling of water is realized here. The chilled water
provides a contactless cooling of the main air flow (M) through the wall, which separates the
channels. The main air flow is cooled at constant humidity content: this provides the advantages
during construction of the air conditioning systems based on the IECa. Auxiliary air flow rejects the
heat from the device, its temperature also decreases, and humidity content is increased.
Temperature of water in the cycle is constant and it is a little higher than the wet bulb temperature
of the outside air entering the IECa. This temperature depends on the ratio of the air flows in IECa,
and it is considered as a limitation of cooling for both air flows.
Indirect evaporative coolers of gases can be of ordinary or regenerative types (Chen et al., 2015;
Pandelidis et al., 2015; USA Patent 2009/0007583). In a regenerative cooler (Fig. 1A) the
separation of the air flows takes place at the exit of the "dry" zone of the device (in the inner heat
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exchanger). This system is marked as IEC-Rg (air chiller Chg). Here the auxiliary air flow enters
the evaporative part of the cooler; it is already chilled at constant humidity content. Its cooling
potential is substantially increased and the limitation of cooling is decreased theoretically to the
dew point temperature of the ambient air tdp1. The concern to the capabilities of the solutions of
Chg diagram in literature is large (Chen et al., 2015; Pandelidis et al., 2015; USA Patent
2009/0007583), but the results of the studies do not take into account the concomitant
circumstances, which are to be discussed in the present study. In a polytropic process of the
evaporative cooling of water in a water chiller (CTW) the limitation of evaporative cooling is
determined by the wet bulb temperature of air entering the device. Fig. 1B represents the system
where cooled and humid air is delivered to the room (Chg*); Fig. 1C represents the system where
cooled air is delivered to the room (Chg), but its humidity content is not changed.
Fig. 2 presents the schematic diagrams of the indirect type water chillers (Chw) which are realized
in combined (Fig. 2A) and separated modes (Fig. 2B). The water cooler IECw is similar to the air
cooler IECg, but the main difference is that the main product flow in IECw is the chilled water. This
design can be considered as a two-component cooling tower, in which the product water is chilled
contactless. The process in "wet" channels is fully similar to IECg. In a chiller-water cooler Chw the
limitation of cooling theoretically is also decreased to the dew point temperature of ambient air tdp1.

Figure 1: Transition from combined scheme of IEC-Rg (A) to separated schemes
of air cooler Chg (B and C): 1 – evaporative air cooler; 2 – water-air heat exchanger

Based on the previously carried out studies (Chen et al., 2015; Chen et al., 2018; Doroshenko and
Glauberman, 2012), it was determined, that the regularized symmetrical packing with vertical or
inclined channels is the optimal choice for the design of the film evaporative heat and mass
transfer devices (channels can be closed-loop or partially closed loop). The main problems for
such design are: the packing layer should be unified, i.e. can be used for both counter flow and
cross-current flow of air and water contact - this is particularly important for the indirect evaporative
coolers; the packing should have a large specific surface with small resistance to air flow; the
density of the layer is selected considering a stability of the system, as well as possible
sedimentation on the working surfaces; the packing should have corrosion resistance to working
fluids, it should be of a simple construction and manufacturable; the packing layer should assist the
uniform input of liquid and its favorable distribution between neighboring channels (the problem of
wettability of the multichannel packing surface) - the appropriate material for packing
manufacturing should be selected. In recent decade, mainly the polymeric materials have been
used for manufacturing the film type heat and mass transfer equipment: high density polyethylene,
high-impact polystyrene, polyvinylchloride, polypropylene (Gómez et al., 2005; Martínez et al.,
2011; Koltun et al., 2003).
Weak wettability of the polymeric materials can be compensated by manufacturing of the complex
form of the surface by creation of microtoughness on the surface of the packing elements, and by
application of various distributors of gases and liquids. One of the prospective materials for
application for these purposes is a polycarbonate (PC). The honeycomb panels made from PC are
characterized by high mechanical characteristics, such as solidity, persistence to impact influence
at continuous exposition on open air.
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Figure 2: Schematic diagrams of indirect evaporative coolers of water: combined (A) and separated
(B) schemes: 1 - cooling tower, 2 - loading heat exchanger (the object which is cooled by a chiller), 3
- water-air heat exchanger

II. MODELING OF THE PROCESS OF THE COUPLED HEAT AND MASS TRANSFER
IN EVAPORATIVE AIR COOLER OF INDIRECT TYPE
The element of the packing with dimensions of 0 ≤ х ≤ Н, -a ≤ y ≤ b, 0 ≤ z ≤ L (Fig. 3A) is
considered for description of the heat and mass transfer in IECg for the condition of material
homogeneity of flows. The main flow of air is cooled through the separating wall on account of
evaporative cooling of water flowing down if a form of film. The auxiliary air flow contacts directly
with liquid (schemes of gases and liquids contacts in "wet" channels are considered as parallel flow
as well as counter flow).

Figure 3: Modeling of the coupled heat and mass transfer in IEC of air:
A - design scheme; B - IECg; C - IECg/R

The equation of coupled heat and mass transfer in IECg and corresponding matching conditions in
a form of equations of boundary layer:
- for liquids (0 ≤ х ≤ Н , 0 ≤ y ≤ h (h – the thickness of the liquid layer), 0 ≤ z ≤ l ), temperature tw =
tw (x, y, z) is determined from equation:

Ww ( y )

 tw
 2 tw
= aw
,
x
 y2

Eq. (1),

condition at entrance at х = 0, is: tw (0, y, z) = t w0 ;
– for auxiliary air flow «A» (0 ≤ х ≤ Н, h ≤ y ≤ b, 0 ≤ z ≤ l), temperature tA = tA (x, y, z) and partial
pressure of vapor pv = рv(x, y, z) is determined by the equations:

WA ( y)

 tA
t 
 
=
(aa + аaТ ) A  ,

x y
 y
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 pn
p 
 
= RnТ A
( Da + DaТ ) n  ,

x
y
y 
 pn
 tA
0
0
= 0,
= 0.
at х = 0: tA = t B , рV = p n ; at у = b:
y
у
WA ( y)

Eq. (3)

– for main air flow "M" (0 ≤ х ≤ Н, - а ≤ y ≤ 0, 0 ≤ z ≤ L) temperature tM = tM (x, y, z) is determined
from equation:

WM ( y)
at z = 0: tM = t M0 ; at у = - а:

 tM
t 
 
=
(aa + аaТ ) M  ,

x y
y 

Eq. (4)

 tM
=0
у

– the matching conditions: on the wall at у = 0, q0 = k ( t A − tw ) , where q0 – heat flow, k – heat
transfer coefficient through the wall with thickness of  w and thermal conductivity w :
1

;
Eq. (5)
w 1
+
+
 M w  A
At у = h pM = р”, q = qα + qβ (on the interface). The following set of equations can be obtained by
averaging the above equations:
  tw
  x = a1 (t A − tw ) + b1 ( p − p ") + c1 (t M − t w )

  tA
p
Eq. (6)
= a2 (tw − t A ) ,
= b2 ( p "− p)


x

x

  tM
= c2 (tw − tM )

 z
k=

1

The boundary conditions: at х = 0 t w = t w0 , t A = t A0 , p = p0; at z = 0 t M = t M0 . Coefficients a1, b1, c1,
a2, b2, c2 can be determined from the relations:

a1 =



cw g w

,

b1 =

rD  p
cw g w

,

c1 =


k
, a2 =
,
сa g A
cw g w

b2 = 1.61

рb  p
gA

,

c2 =

k
.
ca g M

Linear theory of the evaporative coolers is considered; coefficients a1, b1, c1, a2, b2, c2 are
constants; for the partial pressure of the saturated vapor p” the nonlinear relation was used:
p″(t) = 690.5 exp (0.0608 t ).

Eq. (7)

Equation (6) can be presented as following:








 tw
+ с0 tw = a1  A + b1 ( p − p) + c1 tM , c0 = a1 + c1
x
 tA
 tM
p
+ a2 t A = a2 tw ,
+ b2 p = b2 p,
+ c2t M = c2 t w
x
x
z

Eq. (8)

Here we consider the numerical solution of the problem; the explicit difference scheme (method of
Euler) was used as an algorithm:

twij+1 = (1 − c0 x ) twij +  a1 t Aij + b1 ( p ij − pj i ) + c1 tM ij  x
t Aij+1 = (1 − a2 x ) t Aij + a2 twij x,
p ij+1 = (1 − b2 x ) p ij + b2  x pj i

Eq. (9),

tM ij +1 = (1 − c2 z ) tM ij + c2 z twij
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where i, j determine the corresponding anchor point on axes х and z, and Δх and Δz – are the
steps of difference grid. According to the boundary conditions for the boundary anchor points the
following relations can be obtained:
0
tw0j = t w0 , t A0j = t A0 , p j = p0 , j = 1, 2, n, t M i0 = t M0 , i = 1, 2, m

Eq. (10)

The representative profile changes of the main parameters of main "M" (temperature of the chilled
flow at constant humidity content) and auxiliary "A" (temperature and humidity content) air flows in
IECg and IEC-Rg by length and by height of the considered module are presented in Fig. 3.

III. EXPERIMENTAL STUDY OF THE PROCESSES OF EVAPORATIVE COOLING IN
LOW-TEMPERATURE EVAPORATIVE COOLERS
The test rig provides the possibility of study the working processes: in direct evaporative water
chiller (CTW) and low temperature cooler-chiller Chw, as well as air cooler IECg. The air is taken
from the environment by fan, then it undergoes thermal and humidity handling, and is transferred to
the working chamber, where the evaporative cooler is located. Dimensions of the chamber were:
460400180mm, full air flow capacity was 3500 m3 hour-1. The flowmeter was placed on the air
line; flow rate regulators were located on the bypass line. The pump with adjustable capacity
provides the circulation of water. The water flow rate was determined by set of flowmeters. The
packing of the heat and mass transfer device was made as a film type counter flow apparatus; the
main element of the packing was two-layer multichannel PC plate with channels of complex
configuration. A thin film of liquid is flowing down through the channels of the packing elements
interacting with air flow. The shape of the channels is formed by multiple decussation of thin-walled
polymeric plates placed under various angles; this provides accumulation of liquid and its retention
in packing (fluid retention). A high reliability and stiffness of the whole construction of the packing is
realized as well. Such configuration of the channel improves uniform distribution of liquid along the
whole surface of the packing, and it provides approximation of the wetted surface to the
construction surface of the device packing. Water collector consists of five pockets. This provides
the differential measurement of the liquid flow rate along the whole cross section of packing
module. The test rig provides the possibility to study the designed evaporative coolers with packing
made from polymeric materials with multichannel regular structure. Preliminary calculations
(Doroshenko and Glauberman, 2012; Foster and Dijkastra, 1996; McNab and McGregor, 2003;
Stoitchkov and Dimirov, 1998; Zhao et al., 2008; Gómez et al., 2005) showed that the polymeric
materials can be used in the construction of evaporative coolers without substantial decrease in
efficiency of the device, because the thermal resistance of the walls of the channel is comparable
to the thermal resistance of the liquid film located on the outer surfaces. This is confirmed by the
data of the Australian study (McNab and McGregor, 2003). During the experiments, the value of
the equivalent diameter of working channels was 22mm; the working velocities of the air motion in
the channels of the packing were changed in the range of wa = 1.0 – 4.0 m∙s-1; water concentration
(water spray rate) of packing was 5 - 18 m3∙(m2∙h)-1; humidity content was changed in the range
from 8 to 18 g∙kg-1. Measurement error of the main values, caused by the accuracy of
measurements, was calculated during data processing for each experiment; for the heat balance
the error was 12%; experimental material was characterized by the reliable reproducibility. The
program of the research covered to study hydro-aerodynamics and heat and mass transfer for
various regimen of the evaporative cooling of air and water. A water-air heat exchanger was
included to the test rig to study the chiller-water coolers Chw; part of the chilled water from the
evaporative water cooler was delivered to a water-air heat exchanger for preliminary cooling of air
flow.

IV. ANALYSIS OF OBTAINED RESULTS
In this section the analysis of operation of evaporative air cooler IECg is performed for various
ratios of main and auxiliary air flows of l* = GM/GA: 1 – 1.5; 2 – 1.0; 3 – 0.5; the influence of the
temperature and humidity content of air at the entrance of IECg was studied as well. For IECg, the
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wet bulb temperature twb1 of total air flow can be considered as the natural limitation for evaporative
cooling of main and auxiliary air flow, increased by a certain value depending on the ratio of the air
flows l* = GM / GA; t0 = twb1 + t*. This is connected with the process of heat transfer from the main
flow to the auxiliary flow through the dividing wall and flowing down liquid film on surface of the
"wet" channel, as well as with corresponding increase in temperature of the liquid recirculating
through the "wet" part of the device (twrec); this temperature remains constant.
Thermal efficiency of IECg according to main and auxiliary air flows can be determined from:
ЕM = (tM1 – tM2)/(tM1 – t0); ЕA = (tA1 – tA2)/(tA1 – t0)

Eq. (11)

EM = f (l* = GM/ GA, tP, t0); EA = f (l* = GM/ GA, tP, t0)

Eq. (12)

The following values of the thermal efficiency of the process for the real values of the cooling
limitation t0 were obtained: l* = GM / GA = 1.5, ЕM = 0.45; l* = GM / GA = 1.0, ЕM = 0. 65; l* = GM / GA
= 0.5, ЕM = 0.89. The increasing in the portion of the auxiliary flow consistently increases the
cooling level of the main flow; at the same time the specific energy consumption for the unit of
"product" is increased. A comparison between operation of IEC of air and IEC-Rg was made. The
analysis was carried out for the following condition: l* = GM / GA = 1.0 or both schemes of IEC. The
decreasing in temperature of the main air flow from tM = 26.50С for IEC (tA = 25.50С; φA = 95%) to
tM = 21.00С for IEC-R (parameters of auxiliary air flow tA = 27.00С, φA = 100%). Attention should be
paid to the parameters of the auxiliary air flow at the exit of the IEC-Rg. Unlike the processes in
IECg, the changing in the condition of auxiliary air flow in IEC-Rg takes place along the line of φA =
100%; this can result in decreasing of the efficiency of cooling. This circumstance is very important
for the development of the evaporative cooling technique, but usually it is not considered in
publications of recent years (Maisotsenko and Gillan, 2003; Pandelidis et al., 2015; USA Patent
2009/0007583; USA Patent 6,494,107); this can result in distortion of the obtained results. The
correct selection of the correlation of l* = GM / GA influences the nature of the process in IEC-Ra.
The ratio of auxiliary air flow and flow of recirculating water also plays an important role.
The comparative analysis of the operation of IEC and Chg (scheme is according to Fig. 1B) is
presented in Fig. 4A. The analysis was carried out for the condition of l* = GM / GA = 1.0 for both
solutions. The conditional step analysis for Chg is presented: 1-2-3..., dash-and-dot line (1-3*, 13**, 1-3ch A, processes in evaporative cooler for auxiliary air flow); corresponding processes in
heat exchanger (processes of cooling of main air flow "M" at constant humidity content) are
presented by lines 1-2*, 1-2**, 1-2ch M. The changing in water temperature in the recirculating loop
(tw2) are shown on the equilibrium curve; for each step they match the corresponding value of wet
bulb temperature of auxiliary air flow entering the evaporative cooler which was previously cooled
in a heat exchanger. The resulting process of main air flow cooling is shown by solid line 1-2ch M.
The following data was obtained (for initial conditions: ta1 = 350С, xa1= 11g/kg, tdp1 = 140С):
IEC: tM = 26.50С, tA = 25.50С; φA = 95%;
Chg: tM = 19.50С, tA = 27.50С, φA = 100%.
Comparative capabilities of evaporative water chillers, CTWs, and Chw were studied (Fig. 4B). The
background for comparative analysis was the experimental data. Packing multichannel polymeric
structures were used as heat and mass transfer apparatus: CTWs and chillers. The flow ratios in
the main cooling loops in water-water and water-air heat exchangers was l** = G1w / G2w at
l = Ga / GwΣ = 1.0 for all analyzed variants of operation of Chw (where GwΣ = G1w + G2w). Processes
in a cooling tower: 1-3 - for air, 5-6 - for cooling water. Processes in a Chw: 1-2-4 - for air, 7-8 - for
cooling water. It can be seen that the degree of approximation to the cooling limitation (dew point
temperature tdp1) is 9.5 и 6.00С for compared cases, respectively. The analysis was carried out for
Chw for different ratios of water in main cooling loops at l** = G1w / G2w. For initial conditions of
ta1 = 350С, xa1= 11g∙kg-1, tdp1 = 140С, the following data was obtained:
1. l** = G1w /G2w = 1.5: tw2 = 22.30С; t** = 8.3 0С;
2. l** = G1w /G2w = 1.0: tw2 = 20.00С, t** = 6.0 0С;
3. l** = G1w /G2w = 0.5: tw2 = 18.50С, t** = 4.5 0С.
It can be seen clearly that the increase in cold water portion entering the heat exchanger of
preliminary cooling of air (G1w) leads to decreasing in chilled water temperature tw2: the value of
t** = (t2w - tdp1) is 4.50С for l** = 0.5.
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Figure 4: A - operation of indirect evaporative air cooler (IECg (dotted line) and low temperature air
cooler Chg (dash-dotted line)); B - operation of water chiller Chw depending on water flow rate ratios
in main cooling loops

The limit of cooling is related to the ratio of flow rates in evaporative cooler (CTW), and for the
highest values of l = Ga/Gw it almost equals the natural limit (in this case this is the value of twb1); for
Chw with maximal value of l** = G1w/G2w = 0.5 the line representing the changing conditions of the
air flow in evaporative cooler almost coincides with the line of φ = 100%.

CONCLUSIONS
1. Compared to indirect evaporative cooling in IECg, the cooling of air flow in a chiller air cooler
Chg decreases the cooling limit of the main air flow lower than the wet bulb temperature of the
ambient air; this increases the capabilities of the evaporative methods of cooling.
2. Compared to CTW, the cooling in water chiller Chw can provide a considerable decrease in
temperature of cooling; the limitation of cooling in this case will be the dew point temperature of the
ambient air; this expands substantially the boundaries of the practical application of such coolers;
the further approximation to the limitation of cooling in Chw provides the variation of the ratio of the
liquid flows in main cooling loops l** = G1w /G2w, and it can be decreased at the increase
in l = Ga/GΣw.
3. A transition to the "deep cooling" of water in Chw compared to CTW, will result in the increase in
specific energy consumption; from this point of view, the study of optimal operation conditions of
such water cooler is the most interesting, particularly, the study of the influence of contacting flow
rate ratios of air and water l = Ga/Gw on the efficiency of the process, as well as the influence of the
value of l** = G1w/G2w, flow rates of water in the main cooling loops of the chiller Chw.
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NOMENCLATURE

δ
Chg

thickness (m)

chiller of gases

Chw chiller of liquids
CTW cooling tower
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DEC
E
G
H
IEC
h
k
L
l

direct evaporative cooler
thermal efficiency
flow rate (kg m-3)
thickness of the liquid layer (m)
indirect evaporative cooler
specific enthalpy (kJ kg-1)
heat transfer coefficient (W×(m×°C)-1)
length (m)
flow rate ratio

λ
p
PC
Q
q
x
t
φ
w

thermal conductivity (W m-1)

pressure (Pa)
polycarbonate
heat flux (W)
specific heat flow (W m-2)
humidity content (g kg-1)
temperature (°C)
relative humidity (%)
velocity (m s-1)
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ABSTRACT
Solar energy is a clean and renewable energy resource, which can be used freely and safety. For
the purpose of rural heating energy in the northeast of China, a novel solar air collector heating
system based on micro-heat pipe arrays (MHPA) has been proposed.
In this paper, different working modes and the corresponding thermal performance of the novel solar
air collector is investigated by experimental and energy analysis methods. The flat plate solar air
heater is mainly composed of a set of 15 heat transfer components. The MHPA is a flat aluminum
plate with several independent micro-heat pipes. Each heat transfer component contains an MHPAs
unit whose condenser is attached to aluminum fins placed in the air duct, and the evaporator of
MHPA is coated with absorber black film. The air flows inside the air duct and there occurred heat
exchange between air and fins inside of the air duct. A detailed parametric study is conducted to
examine the effects of various operation parameters on energy and exergy efficiencies. Results
indicated that the energy efficiency of the collector is approximately 62% and corresponding exergy
efficiency is about 1.014% with the air flow rate of 0.08 kg/s. As an energy saving and emission
reduction product, MHPA-FPSAH provide a new approach.
Keywords: Micro-heat pipe arrays, Solar air heater, Performance, Efficiency, Exergy

1.

INTRODUCTION

Solar energy is a clean and renewable energy resource, which can be used freely and safety. For
the purpose of maximum utilization of solar energy, numerous devices have been developed. But,
from the structure of rural heating energy in a certain area in the northeast of China (Fig. 1), solar
energy utilization is so small. Solar air heaters as one type of solar energy thermal utilization devices
have been widely concerned for the merits of simple structure, low cost, durability and reliability.
Conventional solar air heaters are mainly the type of flat-plate solar air heaters (SAHs). The main
drawback of an air heater is that the heat transfer coefficient between the absorber plate and the
airstream is low and heat losses to environment is high, which results in a lower thermal efficiency
(Mohamad, 1997). Therefore, several researchers have been conducted to improve the performance
of solar air heaters, experimentally and theoretically. Some ways such as application of internal fins
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attached to the absorber plate, roughness elements in the air duct and the changing recycling form
of air (Fakoor Pakdaman et al., 2011, Ebrahim Momin et al.2002, Tanda, 2011, Hans et al., 2010,
Zhu et al., 2017, Li rt al., 2018, Priyam and Chand, 2018, Abuşka and Şevik, 2017. Nemś, M. et al.
2018).

Figure 1: Diagram of rural heating energy structure in the northeast of China

Longitudinal fins can be attached to an absorber plate of a natural-convection solar air heater to
enhance heat transfer effectively (Fakoor Pakdaman et al., 2011). In this manner, almost 66%
increase in heat transfer area and 20% enhancement in heat transfer may be achieved in the
investigation. Momin et al. (2002) explored the effects of the geometrical parameters of V-shaped
ribs on heat transfer and fluid flow characteristics of rectangular duct of solar air heater with absorber
plate having V-shaped ribs on its underside. The results revealed that effect of Reynolds number on
Nusselt number and friction factor is stronger than that of the angle of attack. Tanda (2011) proposed
different performance evaluation criteria to assess the heat transfer and friction characteristics of
collectors with various rib configurations. Results show that repeated ribs is a good technique to
improve the performance of a solar air heater. Hans et al. (2010) investigated the effects of the
roughness of multiple V-shaped ribs on heat transfer coefficient and friction factor in an artificially
roughened solar air heater duct. Momin et al. (2002) also explored the effects of the geometrical
parameters of V-shaped ribs on heat transfer and fluid flow characteristics of rectangular duct of
solar air heater with absorber plate having V-shaped ribs on its underside. The results revealed that
effect of Reynolds number on Nusselt number and friction factor is stronger than that of the angle of
attack.
In this paper, the detailed thermal behavior of the MHPA-based flat plate SAH, which was firstly
proposed in Ref. (Zhu et al. 2017), and some basic conclusions were drawn. This paper constitutes
an important contribution to the study and evaluation of the type of solar air heaters. Another
important contribution is the expressions of the exergy efficiency which can be used as the useful
tools for the optimization design of the type of heaters as well as for the performances improvement
with different operating parameters. The objective of the current investigation is to make performance
comparisons between the measured and calculated values under different working conditions. The
experimental setup is installed at Beijing, China (39.9° (latitude) North and 116. 3° (longitude) East).
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2. SOLAR AIR HEATER BASED ON MICRO-HEAT PIPE ARRAYS
The structure of FPSAH with MHPA studied in this paper is shown in Fig. 2. It is made up of by 15
collecting core units, an air duct and a fan. Each core unit consists of aluminum fin, MHPA and an
absorber plate. The heater has an area of 1.8 m2 and a flat plate absorber fabricated from a high
efficient absorption black film galvanized iron sheet of thickness 1.5 mm. A glass cover (3.5 mm thick)
with distance separation of 35mm from the absorber is used as the cover of the new air heater. The
bottom of the heater is insulated by 25 mm layer of glass wool fixed with rubber sheet. In addition,
the sides of the heater are insulated by rubber and plastic material.
For normal flat-plate SAHs, when strengthen the heat transfer between the heat-collecting surface
and airflow, the heat loss of SAHs increased simultaneously. Thus, heat insulation and heat transfer
cannot be simultaneously enhanced. However, the new MHPA-based flat-plate SAH separates the
heat exchange of airflow from heat collection part, which can achieve effective heat transfer just in
the air duct with fins shown as Fig.2. The air to be heated flows by the fins fixed on the condenser
section of MHPA, where it gains thermal energy from the evaporator section connected with the
absorber plate. The condenser section with fin makes heat exchange with air flow in the air duct.
And working principle of the collecting core unit is showed in Fig. 2. MHPA working process is shown
in Fig.3.
Inlet

Outlet

MHPA

Glass cover
Absorber
Insulation

Figure 2: Flat plate solar air heater based on micro-heat pipe arrays (MHPA)

Figure 3: Micro-heat pipe arrays
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2.1.

Testing system

The experimental platform was constructed in Beijing University of Technology; the area surrounding
the experimental platform is open and unsheltered. The experimental test system includes a new
solar air heater, an axial flow fan, and other test instruments, including a weather station (total
radiation meter, temperature and humidity sensor, and wind vane), thermal resistors, thermocouples,
an Agilent data acquisition instrument, and a computer. Inlet and outlet air temperatures were
measured with four well-insulated thermal resistors installed evenly on the cross section of the dust
inlet and outlet at corresponding positions along the direction of air flow.
2.2

Data reduction

The instantaneous thermal efficiency of the solar air heater was calculated from the experimental
data for each flow rate from daytime measurements using the equations below,

S = Ita × A

Eq. (1)

Qu = c p m ( to - ti )

Eq. (2)

hth =

Qu
S

Eq. (3)

The exergy can be calculated as,

DE = m éë( ho - hi ) - Ta ( so - si )ùû

Eq. (4)

é
T ù
DE = mCp ê(To - Ti ) - Ta In o ú
Ti û
ë

Eq. (5)

Exergy efficiency of the heater can be express as:

hex =

Cp m (To - Ti )
DE
DE
=
·
Ac I Cp m (To - Ti )
Ac I

Eq. (6)

Where, m-mass flow rate of air, kg/s; Ac-total net heater area, m2 ; To-outlet temperature, °C; Ti -inlet
temperature, °C; cp-specific heat of air, kJ/(kg· K); I-solar radiation, W/m2; Q- volume flow rate, m3/h;
Ta- ambient temperature, °C; ΔT-temperature difference, °C; ΔP- pressure drop, Pa; ΔI- solar
radiation difference, W/m2; Qu - useful energy gain, W/m2; ∆E- Exergy difference; h- enthalpy, kJ/kg;
S- entropy, kJ/kg·K; hth- thermal efficiency; hex- exergy efficiency.
2.3

Uncertainty analysis

The data recording type and accuracy based on the precision of the equipment used during
experimentation are summarized in Table 1. The relative uncertainty of η can be determined by using
the equation (7), Therefore, the uncertainty value in this study is about 7.2%.
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Eq. (7)

Table 1. Information and uncertainties about the test instruments

Device name

Global pyranometer

Thermocouple

Thermoresistance

Air volume cover

Model

TRT-2

WRNK-191

Pt100WZPK-293

TSI8371

Accuracy

<2%

I

A, 0.15 °C

±5%

3. RESULTS AND DISCUSSIONS
3.1.

Energy efficiency

Fig.4 shows thermal efficiency variation with solar radiation with the mass flow rate of 0.08kg/s. The
experimental tests were carried out on 15th, Dec. 2015. During the period of time (time: 9:15-15:15),
solar radiation is ranged from 468 W/m2 to 822 W/m2, and the energy efficiency ranged from 40~80%,
the average value is 62% with the air flow rate of 0.08kg/s. It can be found that thermal efficiency
gradually increased as the solar radiation intensity increased. The solar radiation peak was
observed at 12:35, and the thermal efficiency reached its peak at 13:05 during stable stage. The
solar radiation fluctuated and decreased after 12:35, which caused the fluctuation of the efficiency.
These findings can be attributed to the thermal inertia of the solar collector.
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Figure 4: Thermal efficiency variations of MHPA SAH (0.08kg/s)

Fig.5 shows thermal efficiency variation with solar radiation with the mass flow rate of 0.053kg/s. The
experimental tests were carried out on 3th, Dec. 2015. Fig.5 shows the average value is 59.2% with
the air flow rate of 0.053kg/s. The solar radiation during the test (9:15–15:55) was between 49 and
729 W/m2, the solar radiation peak was observed at 11:55, and there occur sudden increase in
thermal efficiency after 15:25 which is caused by the sudden decrease of solar radiation as well as
the heat transfer delay in the solar air collector. The thermal efficiency curve shows a gradual and
slow climbing trend, totally. By comparing Fig. 4 and Fig. 5, it can be found that under these two flow
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conditions, the heat transfer with a large flow rate is more enhanced, so the efficiency is higher than
the lower flow rate working condition.
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Figure 5: Thermal efficiency variations of MHPA SAH(0.053kg/s)

3.2.

Exergy efficiency

For use of solar thermal energy, actually available energy is not the total heat energy collected by
the collector, but is part of the total heat energy. Exergy is a physical quantity, which can evaluate
power capability of the fluid medium (air) on the basis of the ambient temperature. Exergy efficiency
of the collector can not only reflect the external exergy loss but also can reflect the various kinds of
exergy loss caused by irreversible factors.
Fig.6 and Fig.7 shows exergy efficiency variation with solar radiation. Exergy efficiency ranged from
0.138%~1.542%, the average value is 1.014% with the air flow rate of 0.08kg/s. And the average
value is 0.910% with the air flow rate of 0.053kg/s. The exergy efficiency of SAC was 0.341% at
9:15 and reached its first peak of 1.541% at 12:45. The average exergy efficiency during the testing
period is 1.014% approximately. There are fluctuations of the exergy efficiency curve after 12:45,
which is affect by the decrease of solar radiation and the fluctuations of the ambient temperature.
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Figure 6: Exergy efficiency variations of MHPA SAH (0.08 kg/s).
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Figure 7: Exergy efficiency variations of MHPA SAH (0.053 kg/s).

The curve of the efficiency results shows that thermal efficiency and exergy efficiency of the heater
increases with the increase of solar radiation and air flow rate. And with the quality concern the value
of exergy efficiency is very small. It can be found that exergy efficiency was always lower than the
energy efficiency throughout the operation process. It was caused by the exergy losses dissipated
to the surrounding and exergy destruction within the process. And exergy accounts for the quality
of energy which cannot be conserved during the heat exchange process. Potential for improvement
of the performance of FPSAH with MHPA is exist. Generally, increasing the flow rate is an effective
way to improve the thermal performance of a solar air collector, but it can result a high input of fan
power. The variation of exergy efficiency ηex, remind us it isn’t an effective method always, it is based
on the quality of the energy gained and the power input.

4. CONCLUSION
In this paper, the energy and exergy performance of FPSAH with MHPA is presented. The heat
collecting component is the micro-heat pipe arrays (MHPA). The test data were analyzed from the
aspects of energy thermal performance and exergy performance. The average thermal efficiency is
62% and exergy efficiency is 1.014% for the FPSAH with MHPA. Test results can also serve as an
important basis for understanding the performance of the FPSAH with MHPA. Exergy efficiency can
be used as one of the main criterion to evaluate the performance of MHPA-FPSAH.
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NOMENCLATURE
η
efficiency
area of the absorber (m2)
a
specific heat at constant pressure,
absorptivity of the absorber plate
cp
kJ/(kg･K)
t
I
total radiation on tilted surface, W/m2
transmittance of glass cover
l
length of the air duct, m
density of air, kg/m3
r
MHPA micro-heat pipe arrays
η
efficiency
ṁ
air mass flow rate, kg/s
Subscript
a
ambient
p
pressure, Pa
SAH solar air heater
i
inlet
T:
temperature, °C
O
outlet
v
air velocity, m/s
th
thermal
V
volume, m3
ex
exergy
Ac
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ABSTRACT
Use of ground source heat pump system (GSHP) for spce cooling application results in significant
reduction in electricity consumption as the temperature of heat rejection (ground) is lower than
the ambient.The main focus of the present research is to investigate the heat transfer and
temperature variation of heat transfer fluid in a double U-tube ground heat exchanger (GHE) of a
5-ton GSHP system installed in IIT Roorkee, Roorkee in the northern region of India. Thermal
properties of the ground formation were obtained using thermal response test (TRT). An analytical
model has been developed using thermal resistance concept for the computation of temperature
and heat transer variation along the four legs of the GHE during space cooling operation. Results
indicate 77% of heat is exchanged in the first U-tube and 23% in the second U-tube. Results are
reported by assuming constant borehole temperature of 26°C. Comparison between theoretical
prediction and experimental results obtained for heat transfer through GHX indicates that the
theoretical model could predict the heat transfer rate through the GHX with 2 to 27% error
depending on the inlet temperature of heat transfer fluid in the borehole.
Keywords: ground heat exchanger, heat transfer, temperature variation, ground source heat
pump system, thermal response test, U-tube heat exchanger.

1. INTRODUCTION
Ground source heat pump system (GSHP) has played a vital role in the reduction of energy
consumption in the Indian climatic conditions Sivasakthivel et al. (2015). GSHP is a renewable
type of system that makes use of ground as a source/sink for exchanging heat. Due to a constant
ground temperature throughout the year, the coefficient of performance of the system is high in
cooling as well as in heating mode of operation. Therefore, use of the low temperature sink of the
ground using GSHP results in less fossil fuel consumption and greenhouse gas emission to the
environment as compared to the conventional air conditioning system Mustafa Omer (2008). For
the analysis of GSHP, it is necessary to select the best possible configuration of pipe connection
according to geographical location. Zeng et al.(2003) proposed an analytical model (quasi-3D
model) for all possible configurations of vertical GHX. Based on borehole thermal resistance, they
observed that the parallel configuration provides better performance as compared to series
configuration because, in all possible configurations, parallel arrangement (1-3, 2-4) or (1-2, 4-3)
yielded the lowest thermal resistance. In series category, arrangement (1-2-4-3) shows the lowest
borehole thermal resistance and single U-tube the highest. Chang et al.(2016) evaluated the
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thermal performance of vertical U-loop ground heat exchangers. It was suggested that increasing
tube surface area or number of tubes, increases the efficiency and operating time of GSHP
because increasing surface area of tube results in decrease in the mean temperature of the
coolant. Zhai et al. (2017) carried out experimental analysis for different depths of GHX and found
that the coefficient of performance for heating mode was lower than that of cooling mode. Zeng
et al. (2018) evaluated the performance of GSHP in continuous and intermittent mode of operation
and observed that heat accumulation in heating mode was more than heat accumulated in cooling
mode of operation in ground near the GHX.This resulted in better coefficient of performance in
cooling mode as compared to heating mode of operation.
The present research work is focused on the temperature response of the ground (TRT),
temperature and heat transfer analysis by performing experiments on the GHX of a closed loop
GSHP system. The main contribution of this paper is to analyze the Indian soil terrain condition,
heat transfer capacity using double U-tube series connected, GSHP system. To analyze, the
same, few experiments were carried out on a 5-ton capacity GSHP system connected with six
boreholes. Reports are reported on heat transfer analysis using mathematical model as well as
experimental work for cooling mode operation.

2. SYSTEM DESCRIPTION
In Indian climatic condition, due to extreme weather condition, the cooling mode duration is more
than the heating mode. In the present work, the analysis of heat transfer into the ground (cooling
mode) of a GSHP system of 5 TR capacity that is established at IIT Roorkee, Roorkee in northern
part of India is discussed. The proposed model consists of 5 double U-tube series connected
ground heat exchanger (GHX) that interact with the ground during cooling mode operation. The
double U-tube is buried into ground at a depth of 120 m and a single U-tube GHX has been
established to analyze the ground properties through thermal response test (TRT). Based on the
heat exchanging capacity of soil terrain, the depth of each borehole has been taken as 120 m for
each ton of refrigeration capacity. The geometrical properties of tube and borehole are given in
Table 1.The proposed GSHP model includes heat pump, water pump, borehole heat exchanger
as shown in Fig.1.Data are recorded during peak summer condition for two hours of continuous
operation.

Figure 1: Proposed GSHP model
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(a)

(b)

Figure 2: (a) Proposed boreholes location (b) Installed boreholes

3. MATHEMATICAL MODELING
Figures 2(a) and (b) show the orientation of 5 double U-tube GHX and one single U-tube GHX for
the TRT and the corresponding photograph during drilling of these boreholes at IIT Roorkee. The
heat flow per unit length of all the legs of the tube can be obtained by applying energy balance
principle across the tube and borehole wall. Therefore based on the methodology proposed by
Hellström (1991) the heat transfer in each leg can be written as
Tf 1  Tb  R11 q1  R12 q2  R13 q3  R14 q4

Tf 2  Tb  R21 q1  R22 q2  R23 q3  R24 q4

Tf 3  Tb  R31 q1  R32 q2  R33 q3  R34 q4
Tf 4  Tb  R41 q1  R42 q2  R43 q3  R44 q4

Eq. (1)

Rearranging Eq.(1) leads to a quasi-3D model by assuming heat flow in axial direction also which
is more practical approach of analyzing GHXs.

Figure 2: (c) Borehole placing
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R13
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q4 
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R12
R13
R12
R1

Eq. (2)

where,
R1  R11  R13  2R 12
R12  R112  R132  2R11R13  4R132

13

R



 R11  R13   R112  R132  2R11R13  4R132 

Eq. (3)

2
2
R13
 R11R13  2R12

where Tfi (i=1,2,3,4) is the temperature of the flowing fluid in respective pipes, Rii (i=1,2,3,4) is the
thermal resistance between borehole wall and a particular pipe and Rij (i,j=1,2,3,4) is the thermal
resistance among different pipes. In practical application, all the tubes are placed symmetrically
in the borehole as shown in Fig.2c. Therefore Rij=Rji ,Rii=Rjj (e.g. R12=R14,R32=R34 and so on) is
taken in general.
R11 

1
2 kb

  rb
ln 
  rp

R12 

1
2 kb

  rb
ln 
  2D

R13 

where  

1
2 kb


 rb2  D 2  


ln


   Rpipe
2
 rb
 

   rb4  D 4  
  ln 

4
 
 2  rb

  rb 
 r 2  D2 
  ln  b 2  
ln 

  2D 
 rb  

Eq. (4)

kb  k
kb  k

and k is thermal conductivity of ground formation around the borehole, while kb is the thermal
conductivity of grouting material, rp is the inner radius of the tube and Rpipe is the heat transfer
resistance from inside to outer surface of the pipe which includes convection resistance of fluid
and conduction resistance of the pipe material .
Table 1 Geometrical properties of borehole and tube
rb(m)

rp(m)

H (m)

D (m)

kb (Wm-1K-1)

k (Wm-1K-1)

0.06

0.016

120

0.032

1.82

0.97

m (kgs-1)

0.207

C (Jkg-1K-1)

Rp (mKW -1)

4187

0.1
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4. RESULTS AND DISCUSSION
4.1. Thermal response test (TRT)
Thermal response test has been conducted for the northern part of India for 48 hours of
continuous operation and calculation of thermal conductivity of ground formation is carried
(𝑇 +𝑇
out.The graph shown in Fig.3 is plotted between mean temperature Tf (= 𝑖2 𝑜 ) on y-axis and
natural algorithm of time on x-axis. It is evident from this graph that initial data is unsuitable for
deciding the slope of curve. So, initial 5 hours of data has been shaved off and the magnified view
of the rest of the graph has been represented.
The slope has been determined by regression analysis by fitting a straight line for the experimental
data. The slope ‘a’ of the line is obtained as 1.676. Hence from Eq. (5) Ingersoll et al. (1951), the
thermal conductivity of ground formation is found as


Q
k
4 aH
k

Eq. (5)

4615.78
4    1.67854  120

k = 1.823 W×m-1×K-1

Now the above calculated thermal conductivity (k = 1.823 W×m-1×K-1) is used to calculate the heat
transfer throughout the depth for different legs of ground heat exchanger.

Figure 3: Mean water temperature on logarithmic time scale and regression analysis

4.2. Temperature analysis
4.2.1. Temperature distribution
In order to analyze the heat transfer rate through the boreholes, it is essential to evaluate the
temperature distribution of working fluid in BHEs. Temperature distribution along the four legs of
BHE has been calculated for 120 m depth of borehole using quasi-3D model, proposed by Zeng

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3863

et al. (2003) and the variation of temperature is depicted in Fig.4a.The theoretical temperature
variation is plotted corresponding to different actual working conditions e.g. 34, 35, 36°C inlet
and a fixed borehole temperature of 26 °C. It is observed from Fig.4a that maximum temperature
drop is taking place in the first two legs and lowest in the last leg of the double U-tube GHX. The
experimental observation of inlet and outlet temperatures is shown in Fig.4b for real-time working
condition and it is observed that inlet (to borehole) and outlet (from borehole) temperature of the
water increases as duration of the experiment increases, but the difference of these two
temperatures remain almost constant ,e.g. 4.2°C, for two hours of experimental process.
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Figure 4: (a) Temperature distribution of water in all legs BHE at different inlet temperature and (b)
Variation of inlet (to borehole) and final outlet (from borehole) temperature (experimental)

4.2.2. Heat transfer analysis
The estimated ground property by thermal response test has been used to calculate local heat
transfer rate in all the four legs of the tube as shown in Fig.5a. Eq. (1) is used to analyze the heat
transfer rate at different inlet temperatures for a constant ground temperature of 26°C.It is
observed from Fig.5a that the pattern of heat transfer is similar to the temperature drop, discussed
in the previous section and about 77% of the total heat is transferred in the first U-tube whereas
only about 23% is exchanged in the second U-tube. The experimental heat transfer rate for the
present setup is shown in Fig.5b and can be observed that the heat transfer rate is nearly constant
at 4 kW except some fluctuations in the initial stage. Heat transfer obtained from experiment is
found to be 4 kW whereas the total heat transfer from theoretical calculation varies from 4.16 to
5.2 kW at different actual inlet temperature. Therefore, the heat transfer calculated from the
proposed model shows a variation of 2 to 27% difference from the experimental results. This
variation is due to the assumption of constant borehole temperature in theoretical calculation but
in actual practice, it varies as the duration of the experiment in increased.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3864

Heat transfer (kW)/Temperature difference

0

Borehole depth (m)

20

40

60

80

36C inlet temp.
35 Cinlet temp.
34 C inlet temp.

100

4.4

4.2

4.0

3.8

Heat transfer to ground
Temperaure drop
3.6

120
30

25

20

15

10

5

0

0

20

Local heat transfer rate (W/m)

40

60

80

100

120

Time (minutes)

(a)

(b)

Figure 5: (a) Local heat transfer from all legs of BHE and (b) Experimental total heat transfer rate
to ground and temperature drop

5. CONCLUSIONS
In this study mathematical model of a series connected double U-tube GHX has been developed
for a 5 TR refrigeration capacity with 5 boreholes of 120 m depth. Experiments were performed
on one of the GHXs for effective heat transfer to the ground during space cooling mode operation
of the GSHP system. Based on theoretical analysis as well as experimental results, the following
observations are made:
(i) The temperature drop of water flowing inside the tube is plotted at different inlet
temperature and it observed maximum temperature drop is taking place in first two legs
least in last leg of the tube. Experimental results show an increase in inlet and outlet
temperature of the borehole but their difference remains almost constant e.g.4.2°C.
(ii) Heat transfer analysis shows that is 77% of the total heat transferred in first tube whereas
23% is exchanged in second tube. From experimental procedure, the total heat exchange
is found to be 4kW except some fluctuation at the initial stage.
(iii) The proposed theoretical model shows 2 to 27% variation from experimental observations
of heat transfer of double U-tube series-connected configuration. This variation is because
of constant borehole temperature assumption in theoretical calculation but in actual
practice, it varies as the duration of experiment in increased.

ACKNOWLEDGMENTS
The first author is thankful to the Ministry of Human Resources and Development, Government
of India, for providing the fellowship for pursuing PhD at Indian Institute of Technology Roorkee,
Roorkee, India.

NOMENCLATURE
C
D

specific heat capacity of coolant(J  kg-1  K-1)
half center distance(m)

H
k

depth of borehole(m)
thermal conductivity of ground formation(W  m-1  K-1)
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kb


m
q


Q
Rb
rb
Rii,Rjj,Rij
rp

thermal conductivity of grouting material (W  m-1  K-1)
Mass flow rate of water(kg  s-1)
local heat transfer from tube(W  m-1)
heater capacity of TRT setup(W)

R

thermal resistance of borehole (m  K  W -1)
borehole radius(m)
thermal resistance defined in Eq.(4)
tube radius(m)
thermal resistance defined in Eq.(1)

Tf
Tb
TR

water temperature at different depth(°C)
borehole temperature(°C)
ton of refrigeration
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ABSTRACT
At a time when energy saving is critical, one of the ways to reduce unnecessary energy losses is to
provide a feeling of thermal comfort for people staying in closed utility rooms. It is important to
properly determine and maintain indoor conditions to achieve the desired effect of the operation of
ventilation, air conditioning or heating. In this type of issues, the numerical fluid mechanics comes
to the aid. The paper presents the results of modelling of heat transfer process in the utility rooms
and prediction of the thermal comfort by means of CFD code. Calculations were made for the
auditorium in which measurements of inside air parameters were previously performed.
Calculations were made for two turbulence models k-ε Standard, k-ε RNG. The differences
between numerical and experimental values vary between 5 to 40 % depending on the locations of
the measurement points.
Keywords: CFD, turbulence models, validation, thermal comfort

1. INTRODUCTION
At present, when energy saving is critical in all engineering activities, one of the ways to reduce
unnecessary energy losses is to provide a thermal comfort for people staying in homes, offices and
other building at the lowest possible cost. Poor indoor air quality can often lead to excessive
natural ventilation, e.g. by opening windows. Often, the windows are opened when heating system
is running. An increased supply of cold, fresh, outside air can overwhelm the heating system and
reduce the air temperature inside the room. However, this leads to uncontrolled energy losses. It is
important to properly determine and maintain indoor conditions. The effective operation of the
ventilation, air conditioning or heating systems without unnecessary excessive energy consumption
are desired. In such case, the numerical fluid mechanics by means of the CFD techniques comes
to the aid, allows for numerical analysis ventilation issues at the design stage of buildings. This
leads to lowering costs associated with possible design errors. Early detection of possible errors
gives the opportunity to avoiding them in the next step. CFD also enables the analysis of existing
rooms, e.g. to detect ventilation and air-conditioning problems related to the room architecture,
without the need for long-term and expensive experimental research.
In numerical simulation of thermal comfort in the room two main challenges exists: modelling of the
turbulent air flow and modelling of human impact on the indoor environment. According to the
literature (Horikiri et al., 2015; Hajdukiewicz et al., 2013; Nada et al., 2016) there is no one specific
turbulence model that would be recommended for modelling air flow in utility rooms. The literature
shows that the most appropriate approach is to perform numerical calculations for several
turbulence models to choose the one that best suits the specific case. Such approach is presented
in this paper. Results obtained for two turbulence models k-ε Standard, k-ε RNG are presented.
These models give the results the best fits to experimental ones, therefore, only these two are
presented.
Taking into consideration the human impact on the indoor environment it can be found that in most
of the cases the constant heat flux on the human skin surface is used as a boundary condition
(Bohojlo and Kolodziejczyk, 2009; Capano et al., 2011; Hajdukiewicz et al., 2013; Heidarinejad et
al. 2015; Koper, 2013; Nada et al., 2016; Schellen et al., 2013). Bohojlo-Wisniewska (2013),
Cheng et al. (2012), Horikiri et al. (2015), Koper (2013) used constant temperature instead heat
flux. Koper (2013) also considered the influence of the water vapor exhaled by the human. In
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papers published by Bohojlo and Kolodziejczyk (2009), Bohojlo-Wisniewska (2013) the humidity
was modelled as water vapor mass flow inlet boundary condition set on human skin surface.
The aim of this paper was to develop a computational model, for modelling the distribution of
humid air parameters in an auditorium with group of people inside the room. On this basis the
model was used to study the impact of external factors (e.g. settings of air conditioners) and
internal factors (e.g., the number of people present in the room or their physical characteristics) on
the thermal comfort. Consequently - obtaining a model that allows for proper determining of air
parameters inside different kinds of rooms. For this purpose, numerical calculations for the
auditorium were performed. The obtained results were compared with experimental results.

2. THERMAL COMFORT FACTORS
Recognizing that the various factors affecting thermal comfort of the occupants in a space will vary
through the year, for example, due to changes in surface temperatures, changes in clothing, solar
conditions, or high summertime temperatures in non-air-conditioned buildings, computer thermal
modelling may be used to establish the percentage of time that different levels of operative
temperatures are achieved. International standard ISO 7730, Ergonomics of the Thermal
Environment, provides the basis for the determination of thermal comfort from a calculation of the
Predicted Mean Vote (PMV), which is the average sensation of comfort experienced by a large
group of people, and the Predicted Percentage (of occupants) Dissatisfied (PPD) at different
temperatures. The Standard offers design criteria, related to the activity level indicated and for
clothing of 0.5 clo during summer and 1.0 for winter conditions. When using PPD percentages it
should be recognized that 5 to 10 per cent of people will be dissatisfied with any given internal
environment. In addition, where people are able to adjust their clothing, they will remain
comfortable over a wider range of temperatures.
Determination of an acceptable internal climate must take in many variables through the year and
is a complex area to establish optimal design objectives. Where thermal modelling is based upon
weather tapes to represent external conditions through the year it should be recognized that the
data is derived from historical records and therefore makes no allowance for the effects of global
warming and are therefore not necessarily representative of future conditions.
Fanger developed equation to calculate the predicted mean vote (PMV) in the seven-point in range
-3, …, +3 thermal sensation scale
PMV = [0.303exp(-0.036M ) + 0.028] ´{( M - W ) - 3.05 ×10-3 × [5733 - 6.99 × ( M - W ) - pa ] - 0.42 × [( M - W ) - 58.15]
-1.7 ×10-5 M (5867 - pa ) - 0.0014M (34 - ta ) - 3.96 ×10-8 × f cl [(tcl + 273) 4 - ( tr + 273) 4 ] - f cl hc (tcl - ta )}

Eq. (1)

tcl = 35.7 - 0.028( M - W ) - I cl {3.96 ×10-8 × f cl [(tcl + 273)4 - ( tr + 273) 4 ] + f cl hc (tcl - ta )}

Eq. (2)

tr = [(tg + 273.15)4 + 2.5 ×108 va 0.6 (tg - ta )]0.25 - 273.15

Eq. (3)

where: M – metabolic rate, W/m2 ; W – external work (assumed = 0), W/m2; Icl – clothing
insulation, (m2K)/W; fcl – ratio of the surface area of clothed body to the surface area of exposed
body; ta – air temperature, °C; tr – mean radiant temperature, °C; va – air velocity, m/s; pa – partial
pressure of water vapour in the surrounding air, Pa; hc – heat transfer through convection,
W/(m2K); tcl – mean temperature of the clothed surface of human body, °C; tg – black-globe
temperature, °C.
The PPD can be calculated as follows:

PPD = 100 - 95exp(0.03353PMV 4 + 0.2179 PMV 2 )

Eq. (4)

Numerical simulation using ANSYS FLUENT were performed to predict the thermal comfort in the
auditorium. The PPD and PVM parameters were defined as User Defined Functions and used as
global indicators of thermal comfort.
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3. DESCRIPTION OF MODELLING QUARTERS
Numerical simulations were performed for existing auditorium located in Faculty of Mechanical
Engineering, Bialystok University of Technology. Fig. 1 shows the geometry of this room. The
volume of the analysed room was 147 m3, the floor area 51 m2, the window panes during the
measurements were covered with vertical blinds that protected the room from direct solar radiation.
The details concerning air outlet at the air conditioning unit that was operated during test in
ventilation mode only were shown in Fig. 2.
All crucial elements affecting the airflow or thermal conditions were included in geometrical model.
Few simplifications were made to limit the cells number, e.g. irrelevant elements such as paintings,
baseboards were omitted. Such simplifications are widely used in numerical calculations of
ventilation issues (Capano et al., 2011; Cheng et al., 2012; Cheong et al., 2003; Fathollahzadeh et
al., 2015; Heidarinejad et al., 2015; Nada et al., 2016; Yao and Lin, 2014). The model was built in
1:1 scale

Figure 1: Room geometry with marked planes and measurement verticals

Figure 2. Air outlet location in the analysed room: a) geometry of the air conditioning unit; b) air
outflow geometry and air conditioning unit location.

Presence of a human or group of people is an important factor in the numerical modelling of the
indoor environment. In this paper, a group of 20 people was modelled in a direct way, i.e. keeping
the approximate shape of people, then the boundary conditions were set on the surface of each
silhouette. The room also includes heat gains from lighting, windows, ceiling, floor, multimedia
projector, etc. Heat gains from solar radiation are not included. In the modelled case, the cassette
ceiling air conditioner providing downward–upward air circulation. The AC indoor unit was
equipped with four diffusers for cold air supply and one exhaust grill for return air.

4. NUMERICAL MODELLING
Simulations were performed using ANSYS Fluent 17.2 solver with six paralleled processes.
Pressure-velocity coupling was modelled with SIMPLE (Semi-Implicit Method for Pressure Linked
Equations) scheme. Calculations were performed as steady-state.
Initially the geometrical model was discretized with tetrahedral mesh built in ANSYS Workbench,
later the mesh was converted into polyhedral cells in Fluent. Mesh conversion reduces the number
of mesh cells and time of simulation. Final mesh density was 4.7 million of cells. During
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discretization special attention was paid into crucial areas, e.g. supply air inlet and return air outlet,
skin surface or in vicinity of a human mouth. The mesh was denser in these areas to better capture
of occurring phenomena. Fig. 3 shows the numerical mesh create at two cross-sections.

Figure 3: View on numerical mesh at two cross-sections: a) numerical mesh at location y = 3.098 m;
b) numerical mesh at location x = 4.913 m

Humid air with perfect gas assumption was set as a working fluid. Air was modelled as a mixture of
oxygen O2, nitrogen N2 and water steam. Thermodynamic properties were temperature dependent
and were approximated with fourth degree polynomial. Coefficients for polynomial were taken from
Fluent fluid database (species transport model without chemical reactions).
It was assumed that occupants have light summer clothes and they maintain light physical activity
level at sitting position. On this basis factors affecting thermal comfort were as follows: thermal
resistance of clothes Icl = 0.1 (m2×K)/W; metabolic rate M = 70 W/m2; no external heat sources W
= 0. Mean radiant temperature (MRT) was tMRT = 26.75 °C. The MRT was estimated using a blackglobe thermometer. The details concerning the measurement apparatus and procedure were not
provided due to space limitation and may be found in Bohojło-Wiśniewska (2018)
Table 1. Boundary inlet conditions

Inlet
condition

velocity inlet

pressure
outlet
wall

name

T [K]

fraction turbulent
intensity
oxygen [%]

velocity
v [m/s]

300.15

Mass
[kg/kg]
water
steam
0.011

inlet B
inlet E
inlet G
inlet K
mouth
1÷20
outlet

0.2094

5

304.15

0.028

0.2094

5

4.75
5.28
5.6
5.7
3∙10-9

300.15

0.011

0.2094

5

human
skin
ceiling
lighting
windows
floor
multimedia
projector
walls

303.15

0.0134

negative gage
pressure [Pa]
-0.02

299.25
346.15
299.65
297.25
304.15
298.25

As a boundary conditions the air inlet and outlet parameters were set. Additionally, the temperature
of surfaces imitating the heat sources were set. These parameters were established on the basis
of experimental measurement conducted in the room. Boundary conditions details are given in
Table 1. Heat and moisture load generated by the occupants were included. On the human faces
the small circle surfaces imitating human mouth were applied. Velocity inlet was a boundary
condition in this case. Velocity at level 3∙10-9 m/s, temperature tm = 31°C and relative humidity of
96% were set. Mass flow rate of air generated by individual human was close to zero and it was
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irrelevant on the mass balance in the room, however, a non-zero value was necessary due to the
type of the boundary condition. The temperature and relative humidity of air exhaled by the human
were taken from Bogdan and Chludzinska (2008). On the human skin surface constant
temperature and the mass fraction of water steam were set. The thermal comfort conditions
outside the occupied zone were also analysed (e.g. air conditioning unit vicinity) since in this region
possible application of the turbulence models may be validated

5. RESULTS
Results of simulation of the quantities describing all parameters of the thermal comfort, i.e. PMV
and PPD were presented in this section. In Fig. 4 the PMV distributions for two tested turbulence
models are shown. The PMV is plotted on the plane crossing the AC unit (plane 1 in Fig.1). It is
seen from the figure that for k-ε RNG turbulence model the mean value of PMV in the room
excluding the ceiling and walls vicinity areas is close to PMVmean = 0.9. PMV at level of 1 according
to the Fanger scale means that environmental thermal conditions are felt as slightly warm. The k-ε
Standard turbulence model predicts slightly higher value of PMV in the occupied zone where PMV
= 1.1. In close vicinity of human skin PMV = 1.2 is observed.
.

Figure 4: PMV distribution at plane 1 (y = 3.098 m): a) k-ε RNG, b) k-ε Standard

Figure 5: Vertical velocity distributions at lines A, B

Fig. 5 presents vertical velocity distributions for three measurement lines (marked as A, B, C in Fig.
1). The location of the measuring device is represented by dots in each row. Line C runs through
the middle of the room, Line B runs between the first and the second row of sitting people, line A
runs in front of the first row of people. For all tested lines both turbulence models predicting velocity
with good accuracy. The largest differences between measurement and simulations velocities
above H = 2.5 m are observed. Maximum velocity on line A is vmax,exp = 0.93 m/s, while for
turbulence models are vmax,standard = 0.57 m/s and vmax,RNG = 0.64 m/s. For line B maximum velocities
are: vmax,exp = 1.86 m/s, vmax,standard = 1.20 m/s and vmax,RNG = 0.92 m/s. For line C maximum
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velocities are: vmax,exp = 1.12 m/s, vmax,standard = 0.54 m/s and vmax,RNG = 0.55 m/s. In Fig. 6 the PPD
distribution at plane in the middle of the room is presented. Location of this plane is presented in
the Fig. 1 (marked as plane 2). It is clear in the figure, that k-ε Standard turbulence model is
predicting less comfortable conditions. Predicted Percentage Dissatisfied exceeds 32% in the
middle part of group of people. This is consistance with Fig 4b where higer value of PMV are
observed. For k-ε RNG turbulence model the thermal conditions are more comfortable. The
maximum value of PPDmax = 26% is achieved

Figure 5 cont.: Vertical velocity distributions at line C

Figure 6: PPD distribution at plane 2 (x = 4.993
m): a) k-ε RNG, b) k-ε Standard

Figure 7: PMV distributions at lines A and B

In Fig. 7 vertical distributions of PMV indicator along measurement lines A, B and C are shown.
Since only positive values were obtain in experiment and in simulation the abscissa axis has
values above zero, regardless of Fanger scale. Both turbulence models give very good accuracy
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with experiments for line A. Again, the highest differences between numerical and experimental
results are observed above H = 2.5 m. For line B the k-ε Standard turbulence model in most of
measurement points overpredicts values of the PMV, however, results for this model are closer to
experimental one compared to k-ε RNG. The latter, overpredicts the PMV for H>2.5 an
underpredicts the PMV for H<2.5. Similar trends are observed for line C. Analysis of the PMV
distribution does not give a clear advantage to any of the turbulence models analyzed. In general,
both tested models give similar results in velocity distribution, therefore, both can be equally
recommended for modelling of the indoor thermal comfort. However, taking into consideration the
PMV indicator, it can be concluded that the k-ε standard turbulence model better predicts the
thermal comfort inside the group of people.

Figure 7 cont.: PMV distributions at line C

6. CONCLUSIONS
Based on presented results it can be summarized that proposed CFD approach can be applied for
simulation of the thermal comfort in auditorium. The obtained numerical results agreed with
experimental ones. Presented approach can have practical application in the design or evaluation
of existing AC systems.
This paper presents an approach based on modelling individual people in the analyzed room. Such
approach requires time needed to prepare the geometrical model and very accurate discretization.
In the case of rooms or halls dedicated to large numbers of people this approach may not be
considered as effective. More practical approach of modelling of thermal comfort in such room
based on porous media model is presented in Bohojlo-Wisniewska (2017). Porous media core is
applied instead the group of people. Proposed approach was experimentally validated. The results
obtained confirmed practical utility of this approach. It is planned to apply porous media model for
evaluation of the AC systems installed in cabins in the small yachts.
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NOMENCLATURE
f
h
I
M
pa
t
v
W

ratio of the surface area of clothed to
Subscript
the surface area of exposed body
heat transfer coefficient
a
air
insulation
c
convection
metabolic rate (W´m-2)
cl
clothing
pressure (Pa)
g
black-globe
temperature (K)
r
radiant
velocity (m/s)
external work (W´m-2)
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ABSTRACT
This study is an analysis of energy efficiency improvement and manufacturing cost
relationship of inverter type 3 ~ 6 kW wall-mounted air conditioner in Korea.
The analysis of manufacturing cost was based on the reverse engineering method. The
efficiency of the system was measured by the combination of the indoor unit and the outdoor unit
under the cooling standard conditions.
The results of the analysis were obtained the correlation equation by using the regression
equation of cost and efficiency.
System efficiency increased by 19% and cost increased by 46% when the compressor
efficiency increased by 20% in the reference model. In the reference model, the efficiency increased
by 12% and the cost increased by 14% when the condenser cross-sectional area increased by 60%.
As the evaporator cross section increases, system efficiency and cost increase. In the reference
model, efficiency and cost increased by 1% as the evaporator cross-sectional area increased by
10%.
The manufacturing cost of air conditioner was increased as the efficiency increases. As the
factors affecting the efficiency of the system, the manufacturing cost increased greatly.
Keywords:, Energy Efficiency, Efficiency-Cost Analysis, Engineering Analysis

1. INTRODUCTION
In modern society, as the level of living improves with the occurrence of environmental
problems, a demand for a pleasant environment in the building is increasing. Accordingly, it is
necessary to install air-conditioning equipment capable of controlling the air, and the amount of
power used at home is also increasing. The Korean government is implementing various policies to
regulate energy supply and demand, such as the Low Carbon Green Growth Basic Law, the Energy
Law, the Rational Energy Use Law, the Collective Energy Business Act, and the Development, Use
and Promotion of New Energy and Renewable Energy Act. As the industry develops and the
standard of living grows, policies and consumers are demanding natural, energy-efficient devices.
In the competitive system through rapid change of technology and efficiency improvement, it is
necessary to formulate energy efficiency management system through more effective policy
establishment. In order to establish such an efficiency management system, Research is needed to
maximize efficiency. In addition, as the industry continuously develops technology and highefficiency products are developed continuously according to various demands of consumers, a
systematic efficiency standard operation method is required. In establishing the efficiency class, it is
necessary to enhance the credibility of efficiency class formulation by collecting opinions of various
stakeholders through standardized and open process.
These factors minimize risks to development schedules and costs, predict market entry and
competitiveness, and improve the systematic and reliable operation of efficiency standard
adjustment and operation methods.
Kang et al. (2) developed a high-speed technology for inverter rotary compressors to reduce
costs and maximize efficiency with compact design of compressor. Based on the element design
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technology, the partial load efficiency of the compressor was improved by 4% in the condition of
using the air conditioner, and the compressor with high reliability was developed at the maximum
150 Hz operation. Kim (4) studied the heat transfer and pressure loss of a 7.0 mm microfin tube and
found that the heat transfer rate increases with decreasing mass flow rate. Song et al. (5) developed
a type of indoor unit of air conditioner as a circular form in a 4-way cassette, which resulted in a 13%
higher thermal comfort index due to flow control and air distribution. The DOE document (6) US
Department of Energy's Energy Efficiency Standards Program has played an important role in the
operation of US energy efficiency policies to generate economic benefits and reduce greenhouse
gas emissions through energy conservation. , Which has been evaluated as an energy policy with
high investment cost.

Figure 1 : Air conditioner of cycle diagram

Figure 2 : Schematic diagram of psychrometric calorimeter

The purpose of this study is to analyze the correlation between system efficiency and cost
by the most influential compressor capacity, condenser size, and evaporator size among various
efficiency factors of air conditioner system. The efficiency of the system is determined experimentally
by the system efficiency (EER, Energy Efficiency Ratio) according to each variable and the material
cost of each system is checked by reverse engineering to analyze the relationship of cost according
to the efficiency.
2. EXPERIMENTAL APPARATUS AND METHOD

Table 1. Air conditioner of Specification
General

Compressor

Indoor unit

Outdoor unit

No. of Indoor unit

1

Refrigerant

R410A

Type

Rotary

No. of Compressor

1

Capacity(Factor)

0.95 / 0.98 / 1* / 1.11

Type

Wall mounted

Row

2

FPI

19

Tube diameter[mm]

7

Area(Factor)

0.62 / 1** / 1.05 / 1.12

Row

2

FPI

14

Tube diameter[mm]

7

Area(Factor)

0.88 / 1*** / 1.02 / 1.24 / 1.56

* Compressor Reference Model Capacity : 4 800 W
** Indoor unit Reference Model Heat Transfer Area : 0.334 ㎡
*** Outdoor unit Reference Model Heat Transfer Area : 0.416 ㎡
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2.1.

Experimental Apparatus

This study analyzed the efficiency and cost of a split wall mounted air conditioner (less than
6 kW). The cycle of the air conditioner is a basic single-stage compression system. It is shown in
Fig.1. Air enthalpy calorimeter was used for the performance test of the air conditioner. The
schematic is shown in Fig.2.
The calorimeter used in this study is composed of a code tester, an air sampling unit and an
air sampler, an AC power source, an air handling unit, Data acquisition system). Specification of
calorimeter is cooling capacity 75 kW, dry bulb temperature is -20 ℃ ~ 60 ℃, relative humidity is
20% R.H. ~ 95% R.H. Is automatically controlled by the PID method of the controller. The calorimeter
was manufactured in accordance with the KS C 9306 Air Conditioner (7) and ISO 5151 (8) standards.
The installation of the air conditioner was installed according to the specification of KS C
9306 air conditioner (9) and the installation manual of the manufacturer, and the amount of
refrigerant charge was tested by applying the rated refrigerant amount required by the manufacturer.
2.2.

Method of processing experimental results.

In this experiment, air conditioner with rated cooling capacity of 6 kW or less is used in Korea.
The cooling capacity of the reference model is 4.8 kW. The parameters are as follows: compressor
capacity, condenser size, and evaporator size. The ratio of each base to each base is shown in
Table 1. The factor value is represented by the reference value divided by the changed value. Table
1 shows the details of the air conditioner used in the experiment and the ratio of the variables.
Compressors were classified into four types according to their capacity, four types of evaporators
according to their sizes, and five types of condensers according to their sizes. For the heat exchanger
specifications, an evaporator, and for a condenser, a fin tube heat exchanger was used. The factors
influencing cooling capacity, power consumption, and cost in the configuration of the air conditioner
are shown in Fig.3. In this experiment, experiments were carried out by changing the capacity of the
compressor, the sectional area of the condenser, and the sectional area of the evaporator, which
have the greatest influence on the cooling capacity and power consumption in the air conditioner
system. The experiment was carried out.
The experimental conditions were tested under the standard cooling condition of KS C 9306
air conditioner. The cycle of each combination was experimented with superheat of 3 ℃ ~ 5 ℃, and
the RPM of the indoor fan and the outdoor fan were the same.

Figure 3 : Factor analysis (Fish-bone chart)

In this study, we derive the efficiency predictive correlations according to the experimental
results. The system correlation equation was derived according to the method presented in the DOE
document (9), assuming that the mixing system relation of each component has no influence on
each other. The relationship between the cooling capacity of the system and the capacity of each
component is shown in Eq. (1). The changes in cooling capacity are derived from the regression
analysis of the system cooling capacity, the cooling capacity of the system with respect to the
condenser cross section, and the cooling capacity of the system with respect to the evaporator cross
sectional area. Here, superscripts a, b, and c represent constants for which the correlation equation
is to be applied.
𝑄#,%&% = 𝑄(,%&% × 𝐹 + ,-(. × 𝐹 / ,-01 × 𝐹 , 23+
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The relationship between the power consumption of the system and the power consumption
of each component is shown in Eq. (2). The change of the power consumption of the system is
derived by the regression analysis of the power consumption result of the system with respect to the
variation of the capacity of each component as a function of the exponential function type. Here,
superscripts d, e, f, and g denote constants for which a correlation equation is to be applied.
𝑃#,%&% = 𝑃(,%&% × 𝐹 1 ,-(.,5 × 𝐹 2 ,-(.,6 × 𝐹7 ,-01 × 𝐹8 23+

Eq. (2)

The EER (Energy Efficiency Ratio) correlation between the cooling capacity and the power
consumption of the system is expressed by Eqs. (3) and (4). The efficiency correlation equation is
shown by applying the correlation equation derived from equations (1) and (2).

𝐸𝐸𝑅#,%&% = 𝐸𝐸𝑅(,%&% ×

6;,<=<
6>,<=<

×?

5;,<=<
5>,<=<

AB

Eq. (3)

@

= EER (,%&% × (F,-(.,6 )+A8 × (F,-(.,5 )A7 × (F,-01 )/AI × (F23+ ),AJ

Eq. (4)

The cost analysis is expressed as a percentage by analyzing the material cost of products
produced in Korea from 2010 to 2014. The cost analysis method was analyzed by reverse
engineering 4) method presented in the DOE document. Reverse engineering is the process of
discovering the technical principles of a device or system through its structural analysis, which
involves fragmenting and analyzing objects (mechanical devices, electronic components, software
programs, etc.). In this experiment, all parts of the air conditioner were disassembled and the cost
of the disassembled parts was calculated considering the detailed processes such as the cost of raw
materials, weight, size, and number of processes.
The correlation between the cost of the system and the cost of each component is shown in
Eqs. (5) and (6). The cost and the processing cost of each component are analyzed by reverse
engineering method and the results are divided into indoor and outdoor units. The factors influenced
by the product size were derived in a one - dimensional linear form. The cost of the air-conditioning
system is the sum of the indoor unit (5) and the outdoor unit (6). Eq. (5) is calculated by dividing the
cost of indoor unit into molding, sheet metal, pipe, heat exchanger, drive, motor, and others. Equation
(6) is calculated by dividing the cost of outdoor unit into molding, sheet metal, pipe heat exchanger,
compressor, drive, motor and others.
Cost TJ1 = Cost P,QRS + Cost P,UVW + Cost P,XPX + Cost P,VWY + Cost Z,[\P + Cost Z,QR] + Cost P,R]V

(6)

Cost T-1 = Cost R,QRS + Cost R,UVW +Cost R,XPX +Cost R,VWY +Cost ^,_RQ +Cost ^,[\P + Cost ^,QR] +Cost R,R]V

Eq. (5)
Eq.

(7) and (9) for the indoor unit, and (8) and (10) for the outdoor unit, respectively, in the Eqs.
(5) and (6) . And the constants for which the correlation equation is to be applied such as , , , ,
, , , .
Cost J1 = 𝛼 × 𝐶𝑜𝑠𝑡J1,%&% + β

Eq. (7),

Costh = 𝜔 × 𝐸𝑥𝑝(𝜋 × 𝐶𝑜𝑠𝑡J1,%&% )

Eq. (9),

Cost -1 = 𝛾 × 𝐶𝑜𝑠𝑡-1,%&% + δ
Cost m = 𝜌 × 𝐸𝑥𝑝(𝜎 × 𝐶𝑜𝑠𝑡-1,%&% )

Eq. (8)
Eq. (10)

In order to predict the cost - efficiency of air conditioners with various capacities, simulation
was performed by applying the specifications of the air conditioner applied to the experiment. The
simulation program was a DOE / ORNL Heatpump Design mode MARK VI program developed by
Oak Ridge National Laboratory. The ORNL program was used to input the specifications of the
compressor, expansion device, indoor heat exchanger, and outdoor heat exchanger, and the
simulation was performed by inputting the refrigerant charge amount and the superheat degree data.
Fig. 4 shows the comparison between the test results and the simulated values for the air
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conditioning capacity of the air conditioner. The cooling capacity was expressed by fact value. The
experimental result and the simulation value agreed well within ± 10%.
1.2

1.0

F Num.

+10%

-10%

0.8

0.6
0.6

0.8

1.0

1.2

F Exp.

Figure 4 : Comparison of numerical results with experimental results

3. RESULTS AND DISCUSSION
3.1.

Analysis of Cooling Capacity and Power Consumption Change for Capacity change
of each Component.

For the analysis of the cooling capacity and power consumption change for each component,
the reference model was selected and the experiment was performed by changing the compressor
capacity, the condenser and the evaporator cross sectional area. In addition, the simulation was
performed by applying the specifications of the air conditioner used in the experiment.
Fig. 5 shows the change in the system cooling capacity, the power consumption change,
and the p-h diagram of the cycle for the compressor capacity change. The system capacity factor is
the ratio to the capacity of the reference model. Experiments were carried out by changing the
compressors of different capacities with the same number of revolutions of the condenser,
evaporator, and fan. Fig. 5 (a) shows the change of the cooling capacity of the system with respect
to the change of the compressor capacity by the experimental results and simulation results. The
solid line is represented by the data obtained by the ORNL program. Fig. 5 (a) is a graphical
representation of the cooling capacity change of the system with respect to compressor capacity
change. As the capacity of the compressor increases, the capacity of the compressor and the
amount of discharge increase, so that the cooling capacity is increased due to the increase of the
refrigerant flow rate. In the reference model, the cooling capacity of the system increased by 4%
when the compressor capacity increased by 5%, and that the cooling capacity of the system was
lower than the performance of the single unit, which had an influence on the pressure loss of the
condenser, evaporator and piping do. Fig. 5 (b) is a graphical representation of the power
consumption change of the system with respect to compressor capacity change. As the compressor
capacity increased, the refrigerant flow rate increased and the power consumption increased
proportionally. In the reference model, when the compressor capacity was reduced by 5%, the power
consumption decreased with the efficiency of the compressor. When the compressor capacity
increased by 10%, the power consumption of the system increased by 14%. This is a result of an
increase in the compression ratio and an increase in power consumption as the high-pressure-side
pressure increases. Fig. 5 (c) is a P-h diagram of the change in the system for compressor capacity
change. When the capacity of the compressor decreases, the refrigerant flow rate and the
supercooling degree of the compressor are decreased and the cooling capacity is decreased.
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Figure 5 : System factor and p-h diagram of compressor capacity factor
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Figure 6 : System factor and p-h diagram of condenser sectional area factor

Fig. 6 shows the change in the cooling capacity of the system, the power consumption
change and the P-h line of the cycle with respect to the change in the cross-sectional area of the
condenser. Fig. 6 (a) graphs the change in cooling capacity of the system to the change in condenser
cross-sectional area. As the cross - sectional area of the condenser increases, the heat exchange
capacity increases. As the condenser outlet temperature decreases, the supercooling increases.
The cooling capacity increased by 5% as the condenser cross-sectional area increased by 56% in
the reference model. (b) is a graph of the power consumption variation of the system with respect to
the change in the cross-sectional area of the condenser. As the cross-sectional area of the
condenser increases, the heat exchange capacity of the condenser increases and the condensation
pressure decreases. As a result, the compression ratio decreases and the power consumption
decreases. When the condenser cross-sectional area increased by 56%, the power consumption
decreased by 9.2%. On the other hand, when the condenser cross-sectional area decreased by 12%,
the power consumption increased by 9%. (c) shows the change of the system with respect to the
change in the cross-sectional area of the condenser in the P-h diagram. If the cross-sectional area
of the condenser increases as in the P-h diagram, the condensation pressure decreases and the
supercooling degree increases. As a result, the cooling capacity is increased and the power
consumption is decreased due to the lowering of the high pressure side.
Fig. 7 is a graphical representation of the change in system for changing the evaporator
cross-sectional area. Fig. 7 (a) is a graphical representation of the cooling capacity change of the
system for varying the evaporator cross-sectional area. As the evaporator cross - sectional area
increases, the heat exchange capacity increases and the cooling capacity increases. The system
capacity increased by 5% as the evaporator cross-sectional area increased by 12% in the reference
model.
In addition, when the evaporator cross-sectional area was reduced by 38%, the system
capability was reduced by 13%. Fig. 7 (b) is a graphical representation of the power consumption
variation of the system for varying the evaporator cross-sectional area. This is because the
evaporator cross sectional area increases and the heat exchange capacity increases so that the low
pressure side rises and the high pressure side rises accordingly. As the evaporator cross-sectional
area increased by 12%, the power consumption of the system increased by 3.5%. On the other hand,
when the evaporator cross sectional area decreased by 38%, the power consumption of the system
decreased by 14%. The change of power consumption was smaller than that of evaporator cross
section. Fig. 7 (c) is a P-h diagram showing the change of the system for changing the evaporator
cross-sectional area. The P-h diagram shows that the supercooling is reduced due to the smaller
cross-sectional area of the evaporator, resulting in reduced cooling capacity and reduced power
consumption.
Table 2 shows the constants of the correlation equation for the cooling capacity and power
consumption of the system. Where a, b, and c are constant values for calculating the cooling capacity
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Figure 7 : System factor and p-h diagram of evaporator sectional area factor
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of the system for Eq. (1), and d, e, f, and g are constants for power consumption calculation in Eq.
(2). The final correlation was derived by applying this constant value.
Table 2. Constants of calculate to energy efficiency ratio
General

a

b

c

d

e

f

g

Constant

1.05

0.03

0.23

0.62

0.09

0.205

0.18

3.2.

Analysis of efficiency and cost changes for capacity change of each component

The efficiency relation of the system to the capacity change of each component is derived
as Eq. (11). Equation (11) is obtained by applying Equation (4) to the constant of Table 2.
Eq. (11)

EER #,%&% = EER (,%&% × (F,-(.,6 )p.rs × (F,-(.,5 )Ap.st × (F,-01 )p.tuv × (F23+ )p.pv

Table 3. Constants of calculate to cost
General

General

Molding

3 173

18 695

1 472

6 191

Drive

244

1.75

92

5.48

Sheet metal

733

3 409

4 694

17 999

Motor

84

4.14

74

5.55

Pipe

1 903

7 156

4 700

21 681

Compressor

-

-

87

5.21

HEX

3 969

17 724

7 186

34 886

Printing

73

1 017

-

-

The others

462

2 714

4 421

6 229

-

-

-

-

-

The cost analysis for the capacity change of each component was calculated by the reverse
engineering method and the cost correlation formula was derived by analyzing the calculated data.
The air conditioner disassembled both the indoor unit and the outdoor unit to create a BOM for each
part, and the amount for each individual part was confirmed. The selection of the amount was based
on the inflation information site and the website. The factors that influence the size and the factors
that affect the efficiency are listed in Table 3. The classification of each category is , , , related
to the size. The constant values are derived, and , , and related to the efficiencies of Eqs. (9)
and (10). Based on the results of the survey, we analysed the cost correlation through the relative
increase ratio to the increase of the cost according to the variables.
Fig. 8 is a graphical representation of system efficiency and cost changes for each
component change. Fig. 8 (a) graphs the efficiency and cost changes of the system due to increased
compressor efficiency. As compressor efficiency increases, system efficiency increases
proportionally. System efficiency increased by 19% and cost increased by 46% when the compressor
efficiency increased by 20% in the reference model. The cost of the system increased as the
compressor efficiency increased. In terms of efficiency and cost, the cost of system change was
larger than that of system efficiency as the compressor efficiency increased. Fig. 8 (b) is a graphical
representation of the efficiency and cost changes of the system for changing the condenser crosssectional area. As the condenser cross section increased, the system efficiency increased and the
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cost increased as well. In the reference model, the efficiency increased by 12% and the cost
increased by 14% when the condenser cross-sectional area increased by 60%. As the cross sectional area of the condenser increases, the cooling capacity increases and the power
consumption decreases. At this time, the cost also increased proportionally. Fig. 8 (c) is a graphical
representation of the efficiency and cost changes of the system for changing the evaporator crosssectional area. As the evaporator cross section increases, system efficiency and cost increase. In
the reference model, efficiency and cost increased by 1% as the evaporator cross-sectional area
increased by 10%. The efficiency and cost due to the increase of the evaporator cross sectional area
increased proportionally and the effect on the system efficiency was negligible.
By developing a correlation formula for efficiency and cost, we can predict changes in cooling
capacity, power consumption, efficiency, and cost due to capacity changes of each component.

4. CONCLUSION
In this study, the efficiency change of the system when the capacity of the component is
changed for the air conditioner of 6 kW or less is experimented and the cost for each component is
analyzed. Based on the results, we developed the efficiency and cost correlation equation for the
capacity change of each component.
Experiments on the changes of each component and the correlations derived from this study
will be able to predict the performance design and cost relationship of the air conditioner and the
government predicts the efficiency and cost relationship when establishing the efficiency standard, It
can be considered.
(1) The capacity of the compressor and the cooling capacity of the system have
changed proportionally, and the costs have increased significantly to increase the efficiency
of the system.
(2) The increase in the cross sectional area of the condenser was influential on
the cooling capacity increase and the power consumption decreased. As a result, the effect
on the system efficiency increase was largest and the cost rose proportionally.
(3) The changes in the evaporator cross - sectional area were proportional to the
cooling capacity and power consumption, and the efficiency and cost also changed
proportionally. However, the effect on system efficiency is reduced compared to other
components.
(4) In the future, it is necessary to establish more effective and realistic results by
establishing current technology level and scope of analysis.
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ABSTRACT
Heat recovery is a common approach for effective energy management. Combustion engine is a
main source for electric energy consumed be all electrical devices in ships and yachts. Currently,
the classic compressor systems driven by electricity generated in generators are used for
production of cold water used in AC units. With utilization of the waste heat the investment and
operation costs can be reduced. In the paper a different solutions of waste heat recovery node
from flue gases in the maritime industry are discussed. The proposed ejection system is an
excellent example of an industrial application with a strong potential for implementation. The paper
summarizes the first phase of the project dealing with developing of the ejection air-conditioning
system driven by waste heat will be presented. Preliminary calculation of the proposed system
operating with low-GWP working fluid will be presented and discussed. The geometry of the ejector
designed for the specific case and performance operation line will also be shown.
Keywords: Waste heat, Ejector, Refrigeration, COP, Marine.

1. INTRODUCTION
Medium-speed piston engines are usually used on maritime vessels and yachts to propel the ship,
and to drive generators to produce electricity. Piston engines works as a heat engine, converting
the thermal energy of the fuel to mechanical work and further to electrical energy. Usually, the
machinery systems fitted on ships and yachts are designed to work with maximum efficiency and
run for long hours. Analysing data of various piston engine manufacturers, it can be concluded that
engines have efficiency in the range of 30-50 %. Typical distribution of the waste heat for piston
engine is shown in Table 1. This means that all the energy in the fuel cannot be converted into
mechanical work and is converting for useful energy only partly. The most common and maximum
energy loss from machinery is in the form of heat energy. This loss of heat energy has to be
reduced or carried away by a cooling media, such as central cooling water system, to avoid
malfunctioning or breakdown of the machinery. Utilization of the waste heat is a promising way for
improvement the overall efficiency. Different types of waste heat recovery technologies and the
potential for ship-owners to lower fuel costs, cut emissions are presented in Diesel (2011) and Shu
et al (2013). The energy reclaimed from the engine depends to a great extent on the size of the
main engine of the ship, its load and ambient temperatures. The engine size, operation route,
loading condition and environment should be taken into consideration before choosing an
appropriate way to waste heat utilization. Waste heat quantity, quality i.e., typical exhaust
temperature, current recovery technologies and practices, and barriers to heat recovery should be
taken into consideration. In any heat recovery situation, it is essential to know the amount of the
recoverable heat and how it can be used. One of the commonly known application is use the waste
heats to drive the absorption cooling unit. The main problem with absorption systems is that they
are larger and heavier than conventional vapour-compression systems which adversely affects the
vessel’s parameters. This is because absorption systems have more components and as the heat
and mass transfer of absorption equipment is poor, large heat transfer surface areas are required.
Despite that absorption system can be used in naval ships, they are not suitable for small yachts
due to its dimensions. Typical diagram of marine engine heat cooling system is shown in Figure 1.
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It should be noted that not all of the heat sources listed can be recovered separately, rather as
combinations, depending on the engine used. As showed in Table 1 part of heat from HT, jacket
cooling circuits and exhaust gases can be recovered without major technical shortcomings
intended for heating on maritime vessels. Also, due to promising temperature level of the waste
heat source it is possible to use this heat as a motive source for ejection refrigeration system
operating for air-conditioning purposes (Ezgi and Girgin, 2015). As shown by Butrymowicz et al.
(2014) and Śmierciew et al. (2017) the ejection refrigeration systems can operate with lowtemperature heat source. Moreover, the temperature requirements for air-condition system on the
ship are favourable for ejection systems, since design temperature for summer is 24 ~ 28 C (Yan
et al., 2011).
Table 1. The typical distribution of waste heat for piston engine

Energy source
Exhaust gas
Jacket water
High-temperature air charger
Lubricating oil
Low-temperature air charger
Generator cooling (on gen-set)
Engine radiation

Temperature
~ 400-500 °C
~ 85 °C
~ 90 °C
~ 70 °C
~ 40 °C
~ 35 °C
~ 35 °C

Portion of fuel energy
~ 30%
~ 6.5%
~ 9%
~ 5.5 %
~4%
~ 1.3%
~ 1.5%

Figure 1: Marine engine heat cooling system 1-turbine; 2-hight temperature heat exchanger
of charge air; 3-low temperature heat exchanger of charge air 4- exchanger of lubricating oil cooling;
5-heat exchanger of piston/jacket water cooling; 6-internal heat exchanger of cooling engine

2. MARINE APPLICATION OF WASTE HEAT TO DRIVE EJECTION REFRIGERATION
SYSTEM
This paper presents the phase 1 of the project dealing with developing of the ejection airconditioning system driven by waste heat. The potential application of the ejection refrigeration
system operating for air-conditioning purposes and driven by waste heat from piston engine has
been analysed. Also shown problems of used waste heat technology to the powered refrigeration
system at ship. Preliminary calculation of the proposed system operating with environmentally
friendly new HFO (hydro-fluoro-olefins) group refrigerant R-1234zeE are presented and discussed.
Proposed fluid fulfils the requirements of Regulation of the European Parliament and the EU
Council No. 517/2014 enacted on April 16th, 2014.
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2.1.

Exhaust Gas Heat Recovery

All devices present on ships must meet the relevant safety requirements. Therefore, it was
necessary to design a heat recovery system that would transfer heat to the refrigerant without
direct contact with the exhaust gas. Of course, intermediate systems using thermal oils are known.
However, to completely protect the system from the danger of indirect fluid inflammation was used
complete neutrality fluid in terms of any hazards related to flammability or the possibility of harmful
chemical reactions occurring in the event of a possible failure of the system causing the leak. The
working fluid in the presented system is water and water vapour. Another aspect that speaks for
the possibility of using such a system is the operating pressure of the system is designed for
values in the range of 1.3 - 2.0 bar. Moreover, taking into account the high enthalpy of water
evaporation and the relatively small amounts of heat contained in the exhaust gases, the mass of
water circulating in the system is negligible. With a power of 100 kW, it is about 0.035 kg what
accounts for the possibility of its use in the exhaust systems of vessels.
System shown in figure 2 is used to recovery heat from exhaust gases for various heat consumers,
including refrigeration systems. The system is designed for installation in the exhaust gas duct.
The water vapour is generated as a result of the heat recovery from the exhaust gas heat
exchanger 1. Then it passes through the liquid phase separator 2 to pressure reduction station 3,
where the desired pressure is set due to the required temperature in the heat exchanger 4 where
the heat is transferred to further work systems. From the heat exchanger 4, the condensate returns
to tank 5 from where it is pumped to the heat exchanger 1 using the pump 6. The control valve 9
regulates the flow of condensate to the heat exchanger in exhaust gas duct, depending on the
power demand. This results in protection of the system against uncontrolled pressure increase is
doubled. First, if the pressure rises above the set limit, in the heat exchanger 1 the bleed valve 7
will work by which excess of refrigerant escapes into the condensate collector. An additional safety
device is the safety valve 8.

Figure 2: System of heat recovery heat from exhaust gases 1-Steam-exhaust heat exchanger, 2phase separator, 3-pressure reduction, 4-steam compensator; 5-condensate tank, 6-pump, 7-bleed
valve, 8-safety valve, 9-regulating valve

2.2.

Formal Requirements for the Application of Maritime Refrigerant System

One of the key problems of refrigeration technology is the fulfilment of strict legal requirements
regarding working factors: currently, classical working factors are being applied, which under
European Union Directive 517/2014 on fluorinated greenhouse gases will have to be withdrawn
from use soon. In air-conditioning systems as well as the entire refrigeration technology and heat
pumps, the Directive enforces the use of agents with low potential for greenhouse effect.
Ultimately, factors with GWP <150 will be allowed. However, the Directive does not apply to the
maritime industry. Equivalent of the F-gas Directive for marine applications is the MARPOL
Convention, Annex VI, Regulation 12 (MARPOL VI / 12). This document includes the requirements
of refrigerant used and deliberate emission of substances that deplete the ozone layer and removal
of these substances from the vessels. This Requirement applies only for refrigeration equipment
supplied in separate parts, assembled and connected on board, regardless of size. It should be
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noted that the requirements included in the MARPOL do not apply to equipment which is defined
as permanently sealed. It means, there are no connections to fill up the refrigerant or potentially
exchangeable parts. An example of such a device is home refrigeration equipment like fridge or
air-conditioning devices.
2.3.

Ejection refrigeration system

Ejector refrigeration system used for heat recovery is shown in Fig. 3. Instead of pressurizing the
refrigerant by a mechanical compressor, an ejector compresses refrigerant vapour flowing from the
evaporator and discharges it to the condenser. The motive vapour is generated in the vapour
generator 3 which is heated by heat recovery system form piston engine. Recovery system
consists of high-temperature heat-exchanger powered by exhaust gas and low-temperature heatexchanger 2 powered by rest of thermal energy source from piston engine.
The performance of the ejector depends on several quantities such as: operating pressures and
temperatures at the ejector inlets and outlet, working ﬂuid properties and ejector geometry.

Figure 3: Schematic diagram of waste heat recovery system using ejector refrigeration system, 1Piston engine; 2-heat exchanger; 3-steam generator; 4-ejector; 5-condenser; 6-pump; 7-expansion
valve; 8-evaporator

Figure 4: Performance curve and operational modes of the vapour ejector
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A typical performance curve of vapour ejector for primary and secondary pressures (motive vapour
pressure and evaporator pressure, respectively) is shown in Fig. 4. There are three operation
modes distinguished. The most desirable operation mode is a critical mode, also called "on-design"
operation mode. Under the critical mode ejector operates with maximum mass entrainment ratio.
Independently of the type of operation mode the primary fluid reaches the supersonic speed during
expansion in the motive converging-diverging nozzle. The flow is also chocked. In the critical
operation mode secondary flow reaches the speed of sound because of favourable conditions
related with momentum exchange and pressure difference between streams. When the secondary
fluid achieves the speed of sound the flow is chocked. Now both fluids are chocked and remain in
this state as long as the back-pressure is lower than critical pressure. In the critical mode, the
shock wave, which creates the compression effect, is expected downstream the flow, either at the
constant area mixing chamber or at the diffuser. However, if the back pressure increases the shock
wave moves upstream the flow. For back-pressure lower than critical pressure the shock wave
influences neither primary nor secondary mass flow rate. Therefore, the entrainment ratio is
constant for back-pressures lower than critical pressure. When the back-pressure is equal to
critical pressure the shock wave is located exactly where the secondary flow achieves the speed of
sound and where it was chocked. With a further increase in the back-pressure the shock wave
moves upstream into the suction chamber. As a result, the pressure of the primary and the
secondary fluid increases and velocity of both fluids subsequently decreases. Secondary flow
cannot reach the speed of sound and the mass flow of the fluid is lower than in the critical
operation mode. This mode is also called "off-design". In this mode the mass flow rate of the
secondary flow is described by the equation continuity equation. The increase in the back-pressure
leads to decrease in the velocity of the secondary fluid. Consequently, the mass flow rate
decreases. Primary flow in the off-design operation mode is still chocked. This is the reason why
the mass entrainment ratio decreases with the increase in back-pressure in the subcritical or offdesign operation mode. Under specific conditions, i.e. with the back pressure higher than
breakdown pressure, the pressure in the suction chamber exceeds evaporation pressure and thus
the reverse flow appears, whereas the ejector stop operating.
2.4.

Analysis of the Performance of the Ejection Refrigeration System

Analysis of the performance of the ejection system in terms of mass entrainment ratio and
compression ratio was performed for refrigerant R1234ze(E). Performance of the system operating
with ejectors of two different geometries were tested. The first ejector geometry was developed
based on model proposed by Huang et al. (1999), Chen et al. (2013) for assumed operating
conditions: motive source heat flux Qg = 100 kW, motive temperature and pressure: tg = 130 ºC,
pg = 4 MPa (supercritical conditions), expected cooling capacity Qe = 25 kW, evaporation
temperature te = 5 ºC, superheating in evaporator ΔTe = 5 K. Thermodynamic cycle on pressureenthalpy plot is shown in Fig 3.It was assumed that condenser will be cooled by sea water with
temperature 35 ºC according to ISO 7547:2002(E). However, for calculation of the performance of
the ejector condensation temperature was varied. It was also assumed that temperature increase
in circulating pump is negligible. Second geometry was obtained by slight modification of the
mixing chamber and diffuser dimensions. Results of obtained basic geometrical diameters two
tested ejectors are shown in Table 2.
Table 2. Geometrical parameters of ejector

-

Geometry No.1

Geometry No.2

Nozzle throat diameter
Diameter of the nozzle outlet
Diameter of mixing chamber
Diameter of diffuser

5.7 mm
11.8 mm
20 mm
60 mm

5.7 mm
11.8 mm
18 mm
60 mm

Since motive parameters are constant diameters of the nozzle throat and nozzle outlet are the
same for both geometries. The effect of the condensation temperature on mass entrainment ratio
are shown in and Fig. 5.
The results show that for both tested geometries the performance line is typical for gas ejector. It is
seen from this figure that for all investigated cases the ejector operates both under on-design and
off-design conditions. However, for the cases with geometry No.1 ejector operate with higher mass
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entrainment ratio. The maximum predicted by the model mass entrainment ratio is U 1 = 0.37.
Simultaneously, the critical condensation temperature is tc1* = 26 °C. With this critical
condensation temperature, the ejector driven by tg = 130 °C starts to operate under off-design
conditions. With a further increase of the condensation temperature the mass entrainment ratio
consequently decreases. The slope of the performance line indicates that the ejector with
geometry No. 1 will not operate for temperatures of condensation above 45 °C.

Figure 5: Effect of the condensation temperature on the mass entrainment ratio for various geometry

Figure 6: Effect of the condensation temperature on the mass entrainment ratio for various geometry

It must be noted that ejector is dedicated for A/C system for yachts therefore, high condensation
temperature can be expected, especially in hot climate. Because of this the critical condensation
temperature at level tc1* = 26 °C can be though as moderate in proposed system. On the other
hand, the mass entrainment ratio at level U1 = 0.37 is relatively high compared to initially assumed
value of U≈ 0.25. Therefore, the geometry was slightly modified in order to reduce mass
entrainment ratio and extend the on-design operation of the ejector. The diameter of the mixing
chamber was modified using trial-and-error method. The performance line for second geometry is
also shown in Fig. 4. It is seen that decreasing of mixing chamber diameter reduces the mass
entrainment ratio and extends the on-design operating regime, as expected. The maximum
reported mass entrainment ratio was U2 = 0.25. For geometry No.2 the critical condensation
temperature is tc2* = 31 °C. Analogically as for geometry No. 1 the slope of the performance line
predicted by the model indicates that the ejector with geometry No. 2 will not operate for
temperatures of condensation above 45 °C.
Taking into consideration the requirements for air temperature in ship cabins during summer it can
be postulate that evaporation of refrigerant at temperature 0 ºC is not necessary, because the
temperature of fresh supply air should be approximately 19 ºC. Cooling the air up to temperatures
slightly above 0ºC is not an effective solution, because in the next step the air should be heated
up, to provide proper supply air temperature. The second reason why one should avoid excessive
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cooling of the air is to reduce the potential risk of condensation of water vapour on cold air-cooler
surface. Operation performance of ejector of both geometries was tested for evaporation
temperature te2 = 5 ºC. Again, the motive temperature was tg = 130 °C. Results are presented in
Fig. 6. Results show that increasing of evaporation temperature increase the mass entrainment
ratio. For ejector with geometry No.1 the mass entrainment ratio is U1 = 0.49 and the critical
condensation temperature is approximately tc1* = 29 °C. The slope of the performance line in offdesign regime indicates that ejector should operate for condensation temperature up to 50 °C. For
the case of ejector with geometry No. 2 the maximum entrainment ratio is U2 = 0.33 and the critical
condensation temperature is approximately tc2* = 34 °C. The temperature above which the ejector
will not operate is predicted as 50 °C. It must be pointed out that performance of the both ejectors
are very promising. The model predicts that on the off-design operating regime for temperature tc2
= 40 °C both ejector will have mass entrainment ratio at level of 0.20. Performance lines in terms
on compression ratio vs mass entrainment ratio for te2 = 5 ºC are shown in Fig. 7.

Figure 7: Compression ratio versus mass entrainment ratio for both geometries

Figure 8: Coefficient of performance versus condensation temperature

The influence of the condensation temperature on the coefficient of performance COP of the
ejector system is presented in Fig. 8. The coefficient of performance is directly related with mass
entrainment ratio, therefore like in the case of mass entrainment ratio, the maximum level of COP
= 0.33 was obtained for geometry No. 1 and condensation temperatures below t c1* = 29 °C (i.e. ondesign operation regime). The lowest reported COP = 0.23 at the on-design operation was
obtained for geometry No. 2. With mass entrainment ratio above the critical condensation
temperature tc* the COP of the tested ejector consequently decreases, with subsequent increase in
the condensation temperature.
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3. CONCLUSIONS
The paper presents the results of application of the ejector refrigeration system for waste heat
recovery in small yachts. Refrigerant R1234zeE was selected as a working fluid. A different formal
approach in the field of application of refrigerant in cooling and air conditioning systems in marine
vessels was indicated. The results show that proposed system can utilise the waste heat from
piston engine as the motive source. Wide range of the disposable temperature of the source allows
to use the supercritical state of refrigerant to drive the system. Reduction of mixing chamber
diameter leads to extension of the on-design operating regime of the ejector. Require/ assumed
coefficient of performance can be achieved for analysis operating conditions. Temperature tc1* =
29 °C and tc2* = 34 °C were predicted as the critical condensation temperatures for operating
temperatures te = 5 ºC and tg = 130 ºC.
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ABSTRACT
In this contribution, a dynamic test method to determine the seasonal performance of invertertype air conditioners has been developed and verified. In comparison to current test standards,
where test modes for fixing the compressor speed are required, a dynamic approach is applied
with unfixed compressor speed and thus better reflects the performance of air conditioners
under real operating conditions.
The dynamic tests are conducted in two calorimeter chambers. The indoor chamber is kept at
a constant temperature whereas the outdoor chamber is subjected to a temperature profile
based on the climate BIN-distribution, representing the reference cooling demand. The
proposed dynamic test considers the dynamic control of an air conditioner and delivers results
which could indicate the units’ performance in the field.
Keywords: Seasonal Performance Factor, Inverter-type Air Conditioner, Dynamic Test Method,
Real Use Behavior.

1. INTRODUCTION
The worldwide domestic cooling demand is likely to increase due to climate change and the rise
of the average global temperature. For instance, Casini (2009) showed that the electricity
demand for cooling in the EU will be up to 72% higher by 2030. Similar observations were made
by Miller et al. (2007), who analyzed the US market. Extensive research is being carried out in
recent years, to improve the energy efficiency of air conditioners (ACs) as their energy
consumption is found to account for more than 70% of the total carbon dioxide equivalent
emissions based on the life cycle climate performance (Li, 2015). The quality of the control
system of an AC has a large influence on the efficiency of the unit. Inverter-driven ACs are the
prevalent type of split ACs. Under real operation conditions the inverter regulates the
compressor speed to adjust the cooling capacity using pulse width modulation (PWM) or pulse
amplitude modulation (PAM). The proper modulation of the capacity to the heat load reduces
the power consumption of the AC, which was shown by Shao (2004). The major factor for the
capacity modulation and thus the performance of the AC is the compressor operating frequency
as found by Tu et al. (2018). Several experimental studies gave evidence for the influence of
the compressor speed on the cooling capacity; control strategies via frequency adjustment of
the compressor were developed within these studies (Choi and Kim, 2003; Jeong and Choi,
2014; Park et al., 2000; Wu et al., 2005). Furthermore, Hirota et al. (2014) showed that
innovative control strategies like PFC (predictive function control) could significantly increase
the average annual COP by 70% compared to PID control.
Methods for laboratory testing of ACs are described in several standards, such as the (DIN) EN
14825 (FNKä, 2016), AS/NZS 3823 (AS/NZS, 2014) and ANSI/AHRI Standard 201/240 (AHRI,
2008), ASHRAE 116-2010 (ASHRAE 2010), and JIS C9612 (JIS 2013). In those standards, the
seasonal performance of ACs is evaluated under full load and various part load conditions,
because the most frequent heat loads are lower than the rated capacity of the AC throughout a
season. However, these standards require steady-state conditions, which are achieved by
running the inverter at a certain frequency and thereby fixing the compressor speed, inactivating
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the control of the AC. Fixing the compressor in an artificial operating mode, however, does not
consider the effectiveness of the unit´s control and thus, the partial load characteristics cannot
be obtained properly. Testing according to the current test standards is not possible without
manufacturer support since a specific software or test modes are required to fix the compressor
frequencies. As a consequence, the seasonal performance of ACs cannot be tested
independently by testing institutes, for instance for certification purposes.
Therefore, the dynamic behavior and control of the unit play a crucial role for the evaluation of the
energetic performance of ACs during daytime temperature changes and should be included in test
methods. Only few examples from the literature can be found that describe methods or
approaches for the dynamic testing of heat pump systems. Various simulation studies have been
conducted to reproduce the seasonal performance of air conditioners and heat pumps (Gomes,
2013; Cuevas 2009), also considering operating parameters of the units’ control, including the
compressor frequency (Lee, 2018). Menegon et al. (2017) as well as Haller et al. (2013) developed
dynamic tests for the laboratory characterization of heating systems. Riederer et al. (2009)
developed a dynamic test for ground source heat pumps (GSHPs) which considers dynamic
weather conditions, occupancy profiles and a reference building. Huchtemann et al. (2016)
followed another approach and developed a dynamic test and a Hardware-in-the-Loop (HiL) test
bench for GSHPs and air source heat pumps (ASHPs). The obtained results showed deviations
between measured performance and the manufacturer declared performance according to test
standards. Watanabe et al. (2009) introduced a load-based steady-state measurement and tested
ACs with unfixed compressor speed. Several studies followed this pioneering approach for the
seasonal performance of inverter-type ACs (Mavuri, 2015; Nakos et al., 2014). The seasonal
performance was determined from the measurement results and the application of the BIN
method, in which the operation duration corresponds to temperature intervals called bins. This
method is well known for the consideration of climate conditions (ASHRAE, 2010), however, the
seasonal performance is obtained from the interpolation of performance results under only four
part load conditions and temperature changes are not considered. To adequately predict the
seasonal performance of ACs, for instance for the temperate European climate, by means of
laboratory tests, the whole temperature range 17°C – 39°C, which are 23 1K-temperature-steps,
needs to be considered.
In this study, we propose a dynamic test method to determine the seasonal cooling performance
of split ACs. This method consists of 23 load-based measurements and thus considers the
whole temperature range during a cooling season for the average European climate.
Additionally, the testing includes changes of the outdoor temperature to reflect the dynamic
adjustment of cooling capacity for variable capacity units and thus could give a closer
approximation to field behavior. This method could help to distinguish between efficient and less
efficient ACs and could give impetus for manufacturers to optimize the control systems of their
products.

2. DYNAMIC METHOD
This section defines the specific test procedure of the dynamic method and describes how to
determine the seasonal energy efficiency ratio (SEER) of ACs. The laboratory tests consist of a
temperature profiling at the condenser inlet. The design of the temperature profiling is explained
in detail in section 2.1. It follows the requirements and conditions for the part-load ratios (PLRs)
and related dry-bulb and wet-bulb temperatures for the indoor room and the outdoor room of the
calorimeter according to test standard EN 14825. The requirements and the permissible
deviations of the determined values from the set values, used in our tests, are shown in Table
1. The PLR is defined as the ratio of the cooling capacity in a defined part-load operating point
and the rated cooling capacity (full load 100%) according to Eq. (1):
𝑄̇

𝑃𝐿𝑅 = 𝑄̇ 𝑐,𝑃𝐿𝑅 ⋅ 100%
𝑐,100%

Eq. (1)

The tests were carried out in two doubled calorimeter rooms, one room for the indoor unit and one
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for the outdoor unit, respectively. The calorimeter rooms are equipped with cooling coils, heaters,
humidifiers, fans and air mixers to ensure the described stable conditions in each room according
to Table 1.
The evaporator inlet temperature 𝜃𝑒𝑖 is kept constant at 27°C during the whole measurement.
Therefore, the set temperature of the AC is set to 27°C via the unit’s remote control and was only
adjusted if the evaporator inlet temperature exceeded the permissible deviations given in Table 1.
The condenser inlet temperature 𝜃𝑐𝑖 was subjected to a temperature profile based on the BINdistribution, which is shown in Figure 1. The room temperatures, 𝜃1𝑜𝑟 and 𝜃1𝑖𝑟 , were allowed to
deviate by more than ±10%, as they are identified to have a minor influence on the measurement
results. The PLR of the cooling capacities of the tested ACs are given in Table 1. They follow a
specific linear cooling curve which depends on the condenser inlet temperature 𝜃𝑐𝑖 and the
nominal cooling capacity 𝑄̇𝑐,100% at 35°C. For each 𝜃𝑐𝑖 value we hereby define a correlating
cooling capacity 𝑄̇𝑐,𝑃𝐿𝑅. For each temperature sequence of the profile, a particular heating capacity
(compensation load) is given by the test stand; the tested AC responds with the corresponding
cooling capacity 𝑄̇𝑐,𝑃𝐿𝑅. Due to the heat transmission losses of the test stand, the compensation
load and the cooling capacity are not equal.
Table 1. Test conditions and permissible deviations from set values used for the dynamic
method

Step
#

PLR of
cooling
capacity
(%)

Condenser
inlet dry bulb
temperature
𝜃𝑐𝑖 (°C)

Evaporator
inlet dry bulb
temperature
𝜃𝑒𝑖 (°C)

Evaporator
inlet wet
bulb
temperature
𝜃𝑒𝑖 (°C)

1
2
3
4
5
7
8
9
10
11
12
13
14
15
16
17
18
19
20
21

5
16
21
32
47
58
74
121
116
100
89
79
68
58
47
37
26
21
11
5

17
19
20
22
25
27
30
39
37
35
33
31
29
27
25
23
21
20
18
17

27
27
27
27
27
27
27
27
27
27
27
27
27
27
27
27
27
27
27
27

19
19
19
19
19
19
19
19
19
19
19
19
19
19
19
19
19
19
19
19

Permissible
temperature
deviation of the
arithmetic mean
values
from set values
(for dry
bulb and wet
bulb)

Permissible
temperature
deviations
of each of
the
individual
measured
values from
set values
(for dry
bulb and
wet bulb)

±1K

± 1.5 K

±2K

±3K

±1K

± 1.5K
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The cooling capacity 𝑄̇𝑐 and the electric power consumption 𝑃𝑒𝑙 are detected during the whole
measurement process. From these measurement results we derive for the provided cooling
energy 𝑄𝑐 and the electric energy consumption 𝐸𝑒𝑙 of the test AC. The 𝑆𝐸𝐸𝑅𝑑𝑦𝑛 is calculated
using an energy balance of the overall measurement time:
𝑆𝐸𝐸𝑅𝑑𝑦𝑛 =

∫ 𝑄̇𝑐
∫ 𝑃𝑒𝑙

Eq. (2)

where ∫ 𝑄̇𝑐 is the cumulated cooling energy and ∫ 𝑃𝑒𝑙 the cumulated electric energy consumption.
Standby is included during the ON/OFF behavior of the unit. It is observed that, the duration of
standby differs for the different units which could better reflect the real control behavior, instead of
considering a general assumption of standby duration for the different types of ACs. Other nonactive modes can be included using the same conditions as described in the current test standards
(e.g. EN 14825).

2.1

Design of the Temperature Profile

The temperature BIN-distribution weights the outdoor air temperatures (corresponding to our
condenser inlet temperatures) by their occurrences per year to consider different climates. In this
study, the tested ACs are subjected to a temperature profile based on the BIN-distribution for
“average” climate conditions according to the climate in Strasbourg/France during the test. The
active mode seasonal performance for “warmer” and “colder” climate can be easily calculated from
the “average” temperature profile measurement by weighting the applicable climate BIN hours, as
given in EN 14825.
For the condenser inlet temperature 𝜃𝑐𝑖 -profile we further considered the following criteria:
Variation of 𝜃𝑐𝑖 sequences in the range of 17°C – 39°C to represent the average European
climate based on the BIN distribution of the EN 14825, with each temperature being
weighted as in the BIN distribution;
• Measurement time for each sequence should be at least 40 min in order to achieve
representative average measurement values and to minimize the influence of local effects
and thus increase the accuracy;
• The profile should consider both, the increase and decrease of 𝜃𝑐𝑖 ;
• The overall measurement time is max. 6 days.
Based on these criteria the temperature-profile and the corresponding cooling capacity were
designed as depicted in Figure 1. Starting from 17°C the temperature increases to 39°C and
afterwards decreases back to 17°C again. At temperatures higher than 30°C the duration for each
sequence is significantly shorter than at lower temperatures, most of the time the measurements
are conducted at temperatures lower than 30°C.
To meet all the aforementioned criteria and to achieve a correct weighting of each temperature,
six temperatures (24°C, 26°C, 28°C, 32°C, 34°C, 36°C and 38°C) were not considered. However,
non-consideration of these temperatures has only little impact on the compliance with the average
climate. The excluded temperatures do either I) have a small percentage share in the BIN
distribution, II) do only show little differences in unit behavior compared to nearby temperature
sequences which are considered in the profile or III) do meet both of the aforementioned criteria.
•
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Figure 1: Temperature and cooling capacity profiling
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Figure 2: Results of the dynamic testing of AC#1

2.2

Implementation of the Temperature Profile

We tested two ACs, AC#1 and AC#2, according to the dynamic test method. The main properties
of the tested ACs are given in Table 2.
Table 2. Tested air/air type AC models

AC
device
No.
1

Rated cooling capacity
(kW)

Declared
SEER (-)

Energy
efficiency class

Refrigerant

3,5

8,5

A++

R410A
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2

2,6

6,66

A++

R410A

During the test, the condenser inlet temperature, evaporator inlet temperature, the cooling capacity
and the electric power consumption were recorded with a measurement intervals of 10 seconds.
At the end of the test, the recorded cooling capacity and electric power consumption were
integrated to determine the cumulated cooling energy 𝑄𝑐 and cumulated electric energy
consumption 𝐸𝑒𝑙 , respectively. Fig. 2 exemplarily shows the results of the dynamic test for AC#1.
For the comparison of measured values and the set values, the latter are included in Fig. 2.
The measured temperatures and cooling capacity follow the set values according to the profiles
shown in Fig. 1. The condenser inlet temperature (Fig. 2a) and the evaporator inlet temperature
(Figure 2b) range within the permissible deviations according to Table 1. Only for cooling
capacities with PLRs greater than 58% unpredicted fluctuations occurred and temperatures
exceeded the permissible deviations at 80h (PLR = 58%). Hence, an adjustment of the permissible
deviations for the temperatures for PLRs greater than 58% could be put up for discussion. The
cooling capacity peaks (Fig. 2c) at 63h, 72h and 117h are artefacts from the test stand and are
not attributed to the tested unit. Therefore, these particular single measured values were not
considered for the evaluation of the measurement. The electric power consumption 𝑃𝑒𝑙 (Fig. 2d)
increases with increasing cooling capacity and vice versa, thus representing the different
dependencies on the cooling demand. For PLRs lower than 58%, we observed ON/OFF-operation,
with amplitude and frequency of the ON/OFF-cycles varying depending on the outdoor room
temperature. However, despite the constant fluctuations in the electric power consumption, we
achieve stable conditions at all times with measured values that are within the permitted
deviations.
Fig. 2e shows the cumulated cooling energy (blue curve) and the cumulated electric energy
consumption (red curve). During the whole measurement, the cumulated cooling energy is higher
than the cumulated electric energy consumption. At the end of testing, AC#1 in total provided an
amount of cooling energy of 101.16 kWh by consuming an electricity energy of 13.97 kWh. The
energy balance according to Eq. 2 results in a 𝑆𝐸𝐸𝑅𝑑𝑦𝑛 of 6.6. CONCLUSIONS
Currently, energy efficiency testing for ACs is only possible in particular test modes, which fix
the compressor speed. In consequence, tests cannot be conducted independently and
additionally do not reflect the real use behavior of ACs. This study proposes a dynamic test
method which could be used to test independently from manufacturers and closer to real use
behavior to determine values for the declaration on the energy label.
The dynamic test method can be used for the same experimental setup as applied in current
standards. The test conditions are based on the climate data already implemented in current
standards. Following this climate data, a profile has been designed for condenser inlet
temperature which is varied during the test. The evaporator inlet temperature is kept constant
at 27°C. The AC is not fixed into a test mode but achieves the required test conditions by using
its variable speed controller. The dynamic test method delivers results for the seasonal cooling
performance by simply balancing the cumulated energies for use and effort and moreover has
the following advantages:
•
•
•
•
•
•

It can be conducted independently from manufacturer data and makes special test
modes obsolete;
It considers the whole temperature range from 17°C to 39°C, specifically those
sequences which are commonly linearly interpolated in current standards.
It makes linear interpolation and the prescription of invariables obsolete and hence gives
a closer approximation for the field performance of ACs and could reduce the need for
field tests;
It considers the real control behavior of ACs hence enables a sound performance
evaluation;
Its testing duration was designed according to current standards (six days) and has the
potential to be further shortened;
It has the potential to achieve a high degree of automation and could be easily modified
to new technologies.
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The growing market penetration of ACs indicates the need for a performance test method for
ACs which better reflects their units’ capacity modulation.
The results obtained with the dynamic method provide useful information to improve the
system´s control. In this way, the implementation of a dynamic testing offers an opportunity to
give manufacturers an impetus to introduce more efficient products into the market.
In addition, the dynamic method has potential to be shortened by reducing the duration of the
temperature sequences at low condenser inlet temperatures from 17°C to 25°C. The frequency
of each temperature could be mathematically recovered after testing. The impact on the
precision of the test method should be a particular objective of further investigations.
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NOMENCLATURE
EER PLR
ṁw1

energy efficiency ratio at specific part
load ratio (W x W -1)
water mass flow (kg x s-1)

Eel

electric energy consumption (Wh)

Pel

electric power consumption (W)

Q̇c

electric power consumption at specific PLR
part load ratio (W)
cooling capacity (W)
Q̇c,PLR

Q̇eh

heating capacity of electric heater (W) Qc

Pel,PLR

SEER
θci
θW1,in
θir
τ

seasonal energy efficiency ratio
(W x W -1)
condenser inlet temperature (°C)

Part load ratio (%)
cooling capacity at specific part load
ratio (W)
cooling energy (Wh)

SEER dyn seasonal energy efficiency ratio of
dynamic test (W x W -1)
θei
evaporator inlet temperature (°C)

water inlet temperature of fan coil (°C) θW1,out
average indoor room temperature (°C) θor

water outlet temperature of fan coil
(°C)
average outdoor room temperature
(°C)

time (h)
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ABSTRACT

A vertical geothermal heat exchanger is made of a pair or two pairs of a U-shaped tubes in which
circulates the coolant. The heat flux flowing from the soil to the coolant is limited by the grout
physical properties.
The geotechnical works hold the highest cost in geothermal installations, reducing this cost is
critical to the economic viability of the system. Market grouting products thermal conductivity limit
is 2.08 W.m-1.K-1 leading to high heat exchanger length. Increasing the thermal conductivity of the
grout material will result in reducing the heat exchanger length.
Laboratory tests were undertaken to determine the thermal conductivity of an aluminum, silica
sand and cement mixture. A thermal modeling of the heat exchanger, grout and soil was
conducted. The experimental results show that thermal conductivity of 5 W.m-1.K-1 can be
achieved.
A heat pump, coupled to the vertical geothermal heat exchanger was modeled. The simulations
showed that a reduction of 25% of the heat exchanger length can be achieved theoretically for
the same heat load absorbed from the soil.
Keywords : geothermal, grout, thermal conductivity, heat pump, borehole, aluminum, vertical heat
exchanger, thermal enhancing.

1. INTRODUCTION
The geothermal energy is a promising source of energy for the both near and far future, looking
to the need of replacement of nuclear, coal-fired and fossil energies with more environmental
choices. The geothermal energy appears to be a good alternative with unlimited energy
production and use.
Geothermal heat pumps, also referred to as ground source heat pumps or geo-exchange, refer
to systems that use the ground, groundwater, or surface water as a heat source or sink. Such
system is made up of several key components including: Ground loop; Heat pump; Air or Water
delivery system. The ground loop is a system of pipes that is buried in the shallow ground near
the building. A fluid circulates through the ground loop to absorb or relinquish heat within the
ground. In winter, the heat pump removes the heat from the fluid in the pipe, and transfers it to
the building. This process is reversed in summer. The air delivery system uses conventional
ductwork or pipe systems to distribute the heated or cooled air throughout the building.
There are two types of geothermal probes, the vertical heat exchangers and the horizontal heat
exchangers. Most vertical probes drilled are installed at a depth between 50 and 200 meters to
operate a heat between 10 to 20 °C. Generally, it would be better to drill down to reach higher
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temperatures, but the chosen depth is usually a compromise between the cost of drilling and the
amount of electricity needed to run the circulating pump.
For a well-insulated family home, a single drill between 120 and 150 m is usually sufficient, where
a vertical geothermal probe is sealed in a double pipe that descends and goes up. The working
fluid, usually water, is the heat transfer medium between the soil and the building. If the heat
recovered is not sufficient, in this case two probes are installed. The material used for the
realization of a geothermal probe is simple; it is composed of polyethylene pipes coated in a
sealing grout called bentonite.
The bentonite provides a heat transfer medium between the geothermal probe and surrounding.
The conventional commercial grout fillers has low thermal conductivity ranging from 1.73 to
2.08 W.m-1.K-1, which leads to high heat exchanger length. Increasing this thermal conductivity,
permit the improvement of the heat transfer between the soil and the probe, thus reducing the
heat exchanger length. Many studies where done in the last twenty years concerning the thermal
conductivity of the grout and the performance of the heat exchanger. A series of simulations for
different thermal conductivities and borehole depth shows that the conductivity of the grout is a
determining factor for the depth and for the performance (Cassaso and Sethi,2014). Case studies
with Carm-tool were compared to Ashrae recommendation for geothermal U-pipe heat exchanger
was done without taking into consideration the effect of the thermal conductivity of the grout
versus the drilling depth. Capozza et al., 2015 and Pouloupatis et al. 2016 have analyzed the
performance of geothermal heat exchangers in Cyprus which theatrically has a close geological
structure to Lebanon. Depth reduction while increasing the thermal conductivity that reached
4 W.m-1.K-1 of the grout was simulated and concluded that 6 W.m-1.K-1 is the optimum thermal
conductivity (Maatouk (2016)).
As seen, most of the researches targeted the performance of the system while proposing
theoretical thermal conductivities of the grout materials, from this point comes the strength of our
research to improve and develop grouting materials that have good thermal quality and a low
market price while being abundant and harmless for the soil and the underground water.
In this paper, an experimental study was performed studying the thermal conductivity of various
grout mixture using recycled aluminum waste particules. Experimental results shows that thermal
conductivity of the grout can be increased up to 5 W.m-1.K-1. A thermal modeling of the soil, the
grout and the heat exchanger was conducted. The simulation results showed that the reduction
in required borehole length was predicted theoretically for an example heat pump system and
found to reach 40 %, depending on the soil thermal conductivity and borehole diameter.

2. EXPERIMENTAL APPARATUS
Several standards exist for measuring the thermal conductivity of materials, such as IEEE
Standard 442-1981, ASTM Standard D5334-08 and others. Based on these standards, an
experimental apparatus was built in order to measure the thermal conductivity of various
composition of grout mixture. The objective of this experimental study is to improve the thermal
conductivity of the sealing cement in order to enhance the heat flux exchanged between soil and
geothermal probes.
2.1. Description of the Apparatus
The constructed apparatus is cylindrical having a diameter of 400mm and a height of 270mm
including the sample insertion space, which have a diameter of 100mm and a height of 120mm.
The insulation is made of three layers of Rockwool blankets to eliminate the radial heat flux, thus
increasing the vertical heat flux and controlling the heat losses from the sample. The used
Rockwool has a density equal to 24 kg.m-3, a 50 mm thickness and thermal conductivity equal to
0.044 W.m-1K-1.
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Two temperature sensors were installed on the outer insulation layer to monitor any heat losses
threw the incubator. The measuring sensors were placed in the molds at a spacing of 30mm. The
temperature sensors used are Type K Thermocouple. In this experiment an electrical heating
source of 450 W and 220 V was used. The heating power was varied using a sliding coil voltage
regulator with digital display for the output voltage from the regulator.

Figure 1: Experimental apparatus

2.2. Experimental Results
The experiments took place under room conditions; 26°C room temperature and a humidity
varying between 65% and 78%. Prior to the measurement of the thermal conductivity of the
samples, the apparatus and the different probes were calibrated. When the steady state is
reached, thermal conductivity is calculated as following:
𝑘=

𝑄. Δ𝑥
𝑆. Δ𝑇

Eq. (1)

The tested mixtures are mainly composed of cement, sand, water and aluminum powder, varying
the mass composition of the different components. Table 1 shows the average values of the
measured thermal conductivity of the samples.
Table 1. Experimental results

Sample
Cement
Sand
Aluminum
Water*

1
48%
52%
0%
0%*

2
47.75%
51.75%
0.50%
0%*

3
47.75%
51.75%
0.50%
5%*

4
47.75%
51.75%
0.50%
10%*

5
47.75%
51.75%
0.50%
15%*

6
47.25%
51.25%
1.50%
15%*

Thermal conductivity (W.m-1K-1)

0.65

0.95

1.93

2.29

3.31

5.04

*of weight of solid materials

The maximum reached thermal conductivity in these experiments is for mix number 6 and is
5.01 W.m-1K-1. Results shows a bold increase of the thermal conductivity when adding aluminum
particles to the mix, also it shows an increase of the thermal conductivity with the increase of
water proportion. This result will be used to compare the difference between the existing market
grout material and the mix 6 effects on the length of the borehole as well as on the COP.
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3. THERMAL MODELING OF THE GEOTHERMAL HEAT EXCHANGER
The thermal behavior of the ground was modeled using Ansys Fluent. The objective is to calculate
the linear power extracted from the soil for different thermal conductivity of the grout in order to
determine the best aluminum proportion to be added to the mix. The case of the geothermal heat
exchanger operating in both heating and cooling modes are investigated.
3.1. Modelling of the Ground Temperature Variation
3.1.1. Modeling of the Ambient Air Temperature
Daily ambient temperatures during a typical year were considered. To facilitate the use of these
data, the temperature changes was represented as a cosine function of time (days). This function
is considered as a boundary condition in the CFD model.
𝑇(𝑡) = 𝑇𝑎𝑣 + 𝐴. cos(𝜔(𝑡 − 𝑡0 ))

Eq. (2)

Where ω is the angular frequency equal to 0.0172 rad.day-1, which corresponds to a period of
365 days; Tav is the average annual temperature. A is the amplitude of the temperature variation;
t0 is the day of the year when the maximum temperature is reached.
3.1.2. Layout of the Modeled Geometry and Meshing
In this study we propose a geothermal probe composed of a polyethylene tube of 40 mm diameter
and 4 mm thick, installed in a borehole of 30 cm in diameter. The tube is fixed by the grout. The
vertical probe depth is 156 m. “Design builder”, a built in drawing software was used to create the
geometry. The mesh is formed of 13519785 hexahedral shaped cells selected in order to
decrease the time of the simulation without affecting the accuracy of the results. A mesh
distribution strategy was used. Fluid domain and inner pipes and edges had the highest mesh
concentration, followed by the grout mesh with slightly lowest mesh dimensions, soil mesh
concentration is high on the edge linking to the grout and decreases as it goes out from the center.
Fig. 2 shows the meshed geometry.

Figure 2: The geothermal heat exchanger, the grout and the soil mesh

3.1.3. Models and boundary conditions
The energy model and the k-epsilon model for turbulent flow were activated. Cell zone conditions
were defined according to the material of each zone as fluid domains and solids, respectively
assigning each material to the concerned zone. The boundary conditions were defined according
to each zone limits, type, temperature, velocity inlet and wall. For cooling mode the entering water
temperature is 315 K and for heating mode the entering water temperature is 278 K. The water
flow per circuit is 0.045 l.s-1.
3.2. Results and Discussions
The main concern of this study is to evaluate the heat transfer and the temperature gradient in
the bore. Figure 3a and b shows the temperature contour for all domains of the heat exchanger
with the geothermal heat pump in heating mode for K=5W.m-1.K-1 and 1 W.m-1.K-1 for depths
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varying between 5 and 100 m, entering fluid temperature 4.85°C. Results shows that the
temperature gradient is greater for higher thermal conductivity, leading to higher temperature at
the outlet of the water flow.

a)

b)

Figure 3 : Temperature contour in heating mode for ; a) k=5W.m-1.K-1 and b) k = 1 W.m-1.K-1

Same results were obtained in the cooling mode, where the heat flux extracted from the soil is
much more interesting for higher thermal conductivity of grout. The thermal conductivity of the
grout was increased to evaluate its effect on the heat transfer between the soil and the water flux.
These results are presented in figure 4. For a conventional conductivity value, the thermal
gradient observed in the grout is around 7 °C, and then decreases sharply to 2.5 °C at
5 W.m-1.K-1, and then stabilized to 1 °C for λ = 10 W.m-1.K-1. For this value of conductivity, the
limiting factor is not the grout but the soil itself.

Figure 4 : Evolution of the temperature in the borehole for different k values for the grout

Figure 5: Thermal behavior of the borehole

We find this trend in figure 5, the overall thermal resistance of a conventional geothermal borehole
decrease when the conductivity of grout increases to stabilize for a value of k around
5 W.m-1.K-1. The power extraction at k = 5 W.m-1.K-1 is 61 % higher than the extraction at k = 1
W.m-1.K-1, while the raise at k = 10 W.m-1.K-1 is limited at 77 %. As well, we can see from that the
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thermal resistance of the borehole decreases sharply till k = 6 W.m-1.K-1 and then stabilizes
relatively till k = 10 W.m-1.K-1. At this value, it is very clear that the grout is no longer the main
thermal resistance of borehole and will allow as shown in figure 5, a significant gain of linear
power extracted.

4. THERMAL MODELING OF THE GEOTHERMAL HEAT PUMP
A typical residential space was chosen and the cooling and heating demands were calculated
using the hourly analysis program HAP. The proposed model is located in Beirut and has a typical
construction. The peak cooling and heating loads are the determining loads to choose the
equipment thus we will choose a unit that satisfies the cooling and heating peak loads being
respectively 16.18 kW and 15.87 kW, a geothermal heat pump of 17 kW is chosen. A model for
the geothermal heat pump was developed using Refprop library and Excel software. The model
involved theoretical refrigeration cycle calculations.
4.1. COP at Constant Bore Depth
The cooling COP was calculated using Refprop software for different thermal conductivities of the
grout, the acquired data was tabulated and generated the below graph (Fig. 6). As it can be seen
the COP ascending curve becomes quasi-static starting k = 5 W.m-1.K-1, for our case study the
initial COP for k= 1 W.m-1.K-1 was 3.878 and increased to 3.986 for k = 5 W.m-1.K-1being a raise
of 2.78 %.

Figure 6 : COP vs. thermal conductivity

The same work was done for calculating the heating COP, the initial heating COP for
k = 1 W.m-1.K-1was 4.26 and increased to 4.38 for k = 5 W.m-1.K-1being a raise of 2.81 %.
4.2. Bore depth reduction at constant COP
Studying the variation of the COP with the borehole depth unchanged revealed a slight increase
both in cooling and heating modes, for that we will investigate the potential of depth reduction
while leaving the initial COP of the geothermal heat pump unit. As stated in (Fig. 5), the linear
power extraction has increased from 28.23 W/m at k = 1 W.m-1.K-1 to 46.15 W.m-1 at
k = 5 W.m-1.K-1 being a raise 61%. This step up in the linear power extraction and at constant
COP, will decrease the borehole depth of 38.89% from 156 m to 95.5m leading to a huge cost
reduction. Fig. 7 shows the reduction of the borehole depth versus the increase of the grouts’
thermal conductivity, we remark that the sharp decrease it between k = 1 W.m-1.K-1 and k = 6
W.m-1.K-1 thus in our case for k = 5 W.m-1.K-1 we are in the optimal zone.
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Figure 7: Bore depth versus thermal conductivity

5. ECONOMICAL STUDY
An economical study was performed in order to evaluate the feasibility of the project. In this
section, the both cases are treated i.e. the fixed borehole depth with improved COP and reduced
depth fixing the COP of the refrigeration system. Thus, we will calculate the costs and the payback
time based on a 20 years project lifetime.
Table 2 shows the economic results obtained for a fixed and reduced depth of the borehole. It
can be seen clearly that improving the COP of the machine is not interesting economically,
whereas reducing the depth of the drill has much more economical impact.
Table 2. Economical results

Drilling depth (m )
Cost of drilling ($.m-1)
Total cost of drilling ($)
Filling volume (m3)
Filler price ($.m-3)
Total filler price ($)
Total cost ($)

Fix depth/ Improved COP
156
65
10140
11
90
990
11130

Fix COP / Reduced depth
95.5
65
6207.5
6.73
95.85
645.07
6852.57

If we compare the two cases, we will clearly conclude that the reduction of the bore depth is much
more economic for this model. The electric bill reduction and the decrease in the initial installation
cost for the second make the payback time for this project very quick.

6. CONCLUSIONS
In this paper, we investigated the importance of increasing the thermal conductivity of a
geothermal heat exchanger borehole with abundant and cheap materials. A thermal conductivity
of 5 W.m-1.K-1 was reached by doping the cement silica send mix with 1.5% in weight of sawdust
aluminum. The benefits of using sawdust aluminum, is reducing the recycling scheme of the
sawdust aluminum to a re-use scheme of that material. Re-using the aluminum will reduce the
energy consumption to recycle it by 398 kJ.kg-1 being 0.11 kJ.kg-1 which is the latent heat of fusion
of aluminum.
The thermal simulation showed an increase in power extraction, but showed as well a loss of
performance inside the bore itself by recycling the energy between the pipes. From the simulation
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we also learned that there is a boundary for increasing the thermal conductivity which is the
thermal conductivity of the soil itself.
A model of the heat pump was created the assess the COP variation in both cooling and heating
modes, the results came unsatisfactory with a maximum raise of 2.78% for the cooling COP and
2.81 % for the heating COP. The reduction of the borehole at constant COP was investigated and
a reduction of 38.89 % can be achieved while keeping the system performance intact.
The earth temperature wasn’t affected due to the balance of the heating and cooling load profiles
of this model, another model with different load profiles might result in a variation of the earth
temperature.
The economic evaluation turned to be satisfying with a payback time of 6.24 years in case the
depth is kept and the aluminum is added to the grout, and a direct gain if the borehole depth is
reduced with variation of the performance of the unit.

NOMENCLATURE
A
k
Q
S
t

Amplitude
Thermal conductivity (W.m-1.K-1)
Heat (W)
Surface (m2)
Time (day)

t0
T
ΔT
⍵
av

Day 1 of the year
Temperature (°C)
Temperature variation (K) or (°C)
Angular frequency (rd.day-1)
average

REFERENCES
Advanced Thermal Conductivity Testing for Geothermal Heating and Cooling Systems, U.S.
Department of Energy, Small Business Vouchers Pilot http://www.sbv.org/a/pages/level3geothermal-round1-2.
Alessandro Casasso (2014) Sensitivity analysis on the performance of a ground source heat
pump equipped with a double U-pipe borehole heat exchanger
Antonio Capozza, (2015) Analysis of vertical ground heat exchangers: the new CaRM tool
ASTM Standard D5334-08 – Standard Test Method for Determination of Thermal Conductivity of
Soil and Soft Rock by Thermal Needle Probe Procedure.
C.MAATOUK (2016),Improvement of thermal conductivity of grut mixture for geothermal heat
pump systems
Claesson, (2011). An analytical method to calculate borehole fluid temperatures for time-scales
from minutes to decades. ASHRAE Transactions.,
IEEE Standard 442-1981- IEEE
10.1109/IEEESTD.1981.81018

guide

for

soil

thermal

resistivity

measurements,

Marcotte,. (2010). The importance of axial effects for borehole design of geothermal heat-pump
systems. Renewable Energy,
M. Benhammoul (2011), Modélisation de la température en profondeur du sol pour la région
d’Adrar
M.L Brendt 2008, Improving the Performance of Geothermal Heat Pumps through Borehole Grout
Materials, Australian Geothermal Energy Conference 2008, 157-162
Panayiotis D. Pouloupatis (2016)Parametric analysis of the factors affecting the efficiency of
ground heat exchangers and design application aspects in Cyprus.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

3907

Manuscript ID: 722
DOI: 10.18462/iir.icr.2019.0722

Fast predicting method for maximum APF of heat pump type
air conditioner

Tao REN(a), Jiamin SHEN(a), Guoming WU(a) , Yongxin ZHENG(b), Yifeng
GAO(b), Ji SONG(b)

(a)

Institute of Refrigeration and Cryogenics of Shanghai Jiao Tong University, Shanghai,200240，
(b)

People's Republic of China, purple2511@sjtu.edu.cn
International Copper Association Shanghai Office, Shanghai, 200240, People's Republic of
China, kerry.song@copperalliance.asia

ABSTRACT
As APF (annual performance factor) becomes the energy efficiency index of heat pump type air
conditioners, the amount of working conditions to be tested for each air conditioner has greatly
increased from one to five, meaning experiment based maximization of the energy efficiency index
may result in too heavy experimental tasks.
The purpose of this paper is to present a method to maximize the APF of a heat pump type air
conditioner quickly. In this method, one set of experimental data of air conditioner performance is
obtained at first, then the APF optimization equations is deduced from the theoretical cycle of
refrigeration, and finally the experimental data are substituted into the APF optimization equations
to calculate the best combinations of capacity and energy efficiency.
The new method is applied to a real HPAC, which shows a large amount of time and experimental
work can be reduced to get the maximum APF.
Keywords: Room air conditioner, Numerical Model, APF, Maximum value.

1. INTRODUCTION
The heat pump type air conditioners have become the main products of air conditioners due to the
dual functions of cooling in summer and heating in winter, accounting for nearly 70% of the global
air conditioner market (Hui H et al., 2018). Many countries, such as China (GB/T 7725, 2004),
Japan (JIS C 9612, 2005) and America (ISO 5151, 2004), have adopt the annual performance
factor (APF) to evaluate the efficiency of air conditioners in their national standards. Their
standards divide air conditioners into different efficiency classifications according to APF values.
To make HPAC reach an APF as high as possible, engineers have to improve the system match
for each component repeatedly which cost large amount of time and resource (Kang E C et al.,
2013). However, the wasting time and resource usually occur, since engineers don’t know the
maximum APF of the HPAC before they start to improve the system match. The air conditioner
may already have a desirable system match and has little space for the further improvement, but
engineers are still testing the air conditioner for a higher APF. These repeated APF tests will lead
to a huge waste of time and resource, since every APF test of HPAC requires multiple experiments
under 5 different working conditioners. To reduce the time and the resource waste, engineers need
to know the maximum APF of the air conditioner before they improve the system match. While, no
literature provides a method of predicting the maximum APF of HPAC.
The challenge of using the numerical simulation method to predict the maximum APF for heat
pump air conditioners comes from the low predicting speed and the low predicting precision. The
prediction of the maximum APF needs thousands of times of air conditioner simulation due to the
large amount of APF iteration and multiple working conditions in every APF iteration, requiring a
very fast calculation speed of air conditioner model to satisfy the engineering need. The traditional
air conditioner models not only calculate the capacities and efficiencies that APF needs, but also
calculate large amount of intermediate parameters which is irrelevant and useless for the APF
calculation, such as temperature, pressure and performance of each component (Tomiyama K et
al., 1998), leading to a time-consuming and slow-speed calculation (Mahlia T M I et al., 2001).
Besides, to get a precise prediction, the air conditioner models still need to be modified by many
specific parameters of air conditioner, such as heat transfer coefficient, compressor performance
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and coupling characteristics of components, since the air conditioner models are initially set up
based on the general theories of air conditioners. As for a new developed air conditioner, the air
conditioner model lack the specific parameters of air conditioner to modify the simulation,
generating as much as ±20% prediction error (Wu J H et al., 2017). So the traditional air
conditioner models are hard to be used in the prediction of the maximum APF for HPAC.
The purpose of the paper is to propose a method of predicting the maximum APF of HPAC fast
and precisely. To improve the calculation speed, the paper set up a simplified predicting model of
capacities and efficiencies; to improve the prediction precision, one group of APF test data under 5
working conditions, including compressor efficient, condensing temperature, evaporating
temperature, heat transfer capacity of outdoor unit and heat transfer capacity of indoor unit, are
applied to modify the simplified predicting model.

2. PREDICTION PRINCIPLE OF MAXIMUM APF OF HPAC
The fast and precise prediction of the maximum APF of HPAC is realized by setting up a simplified
predicting model to calculate the capacities and efficiencies fast and precisely, and deducing a
simplified APF calculating formula to further accelerate the calculate speed of APF. Large amount
of iterations are carried out between calculating the better air conditioner performance by the
simplified predicting model of capacities and efficiencies and generating the higher APF by the
simplified APF calculating formula, until the maximum APF of the HPAC is obtained, as shown in
Fig. 1.
one group of
APF test data

deduction

theoretical
cycle of AC

simplified predicting
model of capacities
and efficiencies
No

APF definition
in AC standard

deduction

simplified APF
calculation formula

maximum APF？

Yes

APFmax

Figure 1: Principle of predicting maximum APF for heat pump air conditioner

3. SIMPLIFIED PREDICTING MODEL OF CAPACITIES AND EFFICIENCIES BASED
ON ONE GROUP OF APF TEST DATA
The method of setting up the simplified predicting model is to 1) deduce the relationship between
the efficiencies and the capacities according to one group of APF test data and the theoretical
cycle of air conditioner, 2) determine the variation range of the capacities according to the
regulations of the air conditioner standard, 3) set up the simplified predicting model by combining
the variation range of the capacities and the relationship between the efficiencies and the
capacities.
3.1.

Deduction of relationship between efficiencies and capacities

The relationship between EER and heat transfer capacity is deduced from the theoretical cycle of
air conditioner, as shown in Fig. 2.
Tcond

2s

3

2

Tair,high
Tair,low
Tevap

4

1

Figure 2: Theoretical cycle of air conditioner

EER is the ratio between the capacity and the energy consumption, as shown in Eq. (1). The EER
is linearly related to evaporating temperature Tevap and condensing temperature Tcond, as shown in
Fig. 3. The ratio can be fitted to a linear function of Tevap and Tcond, as shown in Eq. (2). EER can be
transferred into the linear function of Tevap and Tcond, as shown in Eq. (3).
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EER = ηi

h1 − h4
h2 s − h1

Eq. (1)

h1 − h4
= (a + b Tevap )(c+ d Tcond )
h2 s − h1
EER = ηi (a + b Tevap )(c+ d Tcond )
7.5

6.7
6.3
5.9
5.5

Eq. (3)

8

(h1-h4)/(h2s-h1)

(h1-h4)/(h2s-h1)

7.1

Eq. (2)

5

7
9
11
13
Evaporating temperature oC

7
6.5
6
5.5

40

42
44
46
48
Condensing temperature oC

50

（ a） Evaporating condition
（ b） Condensing condition
Figure 3: Relationship between (h1-h4)/(h2s-h1) and evaporating or condensing temperature

The heat transfer capacities under the cooling condition includes the heat transfer capacity of
evaporator, the heat transfer capacity of condenser and the relationship between EER and heat
transfer capacities, which are deduced based on one group of APF tested data. The heat transfer
capacities of evaporator and condenser are linear functions of temperature difference, as shown in
Eq. (4a) and Eq. (4b). EER is a function of the heat transfer capacity of both evaporator and
condenser, as shown in Eq. (4c).
φevap,test
(Tair,low − Tevap )
(a)
φevap =
Tair,low − Tevap,test

φcond =
EER =

φcond,test
Tcond,test − Tair,high

φevap
φcond − φevap

(Tcond − Tair,high )

Eq. (4)

(b)
(c )

The relationship between the EER and the cooling capacity is obtained by substituting Eq. (4) into
Eq. (3) to eliminate intermediate parameters, such as Tevap, Tcond and Φcond, as shown in Eq. (5).
bφevap (Tair,low − Tevap . test ) ⎤
dφevap (Tcond . test − Tair,high )
η ⎡
EERi = ⎢a + b Tair,low −
⎥ c+ d Tair,high +
φevap.test
φcond.test
2 ⎣
⎦
⎦ ⎣
1

2
2
⎧η 2 ⎛
bφevap (Tair,low − Tevap . test ) ⎞ ⎛
dφevap (Tcond . test − Tair,high ) ⎞ ⎫ 2 Eq. (5)
+
+
c
d
T
⎪ ⎜ a + b Tair,low −
⎟ ⎜
⎟ ⎪
air,high
φcond.test
φevap.test
⎪ 4 ⎝
⎝
⎠ ⎪
⎠
+ ⎨
⎬
bφevap (Tair,low − Tevap . test ) ⎤
⎪ η dφevap (Tcond . test − Tair,high ) ⎡
⎪
⎢a + b Tair,low −
⎥
⎪+
⎪
φcond.test
φevap.test
⎣
⎦
⎩
⎭
The capacity of standard cooling condition is not less than 95% of nominal cooling capacity on the
nameplate of air conditioner according to air conditioner standard GB/T 7725-2004. The capacity of
standard heating condition is not less than 110% of nominal cooling capacity. The capacity of
standard low temperature heating condition is not less than nominal cooling capacity. The
capacities of intermediate conditions equal half of the capacities of standard condition.

3.2.

Solution of simplified predicting model of capacities and efficiencies

By combing Eq. (5) and the variation range of capacities, the simplified predicting model of
capacities and efficiencies is obtained, as shown in Eq. (6).
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φcr ≥ 95% φcra，φhr ≥ 110% φcra
φdef ≥ φcra，φcm = 0.5 φcr，φhm = 0.5 φhr
EERcr = E (φcr ,η , Tevap,test , Tcond,test , φevap,test , φcond,test )
EERcm = E (φcm ,η , Tevap,test , Tcond,test , φevap,test , φcond,test )

Eq. (6)

COPhr = C (φhr ,η , Tevap,test , Tcond,test , φevap,test , φcond,test )
COPhm = C (φhm ,η , Tevap,test , Tcond,test , φevap,test , φcond,test )
COPdef = C (φdef ,η , Tevap,test , Tcond,test , φevap,test , φcond,test )

4. DEDUCTION OF SIMPLIFIED APF CALCULATING FORMULA
The deduction of simplified APF calculating formula includes two steps: 1) transfer the composite
functions into an elementary function by eliminating intermediate parameters; 2) simplify the
elementary function by numerical fitting to get the simplified APF calculating formula.
4.1.

APF defined by composite functions in AC standard

APF is defined in GB/T 7725-2004 by many composite functions, as shown from Eq. (7) to Eq.
(19). APF is the ratio between total capacity and the total power consumption in a whole year, as
shown in Eq. (7). CSTL is the total cooling capacity; HSTL is the total heating capacity; CSTE is
the power consumption under cooling season; HSTE is the power consumption under heating
season.

APF =

CSTL + HSTL
CSTE + HSTE

12

15

j =1

j =13

Eq. (7)

& (t ) × n
CSTL = ∑ BLc (t j ) × n j + ∑ Φ
cr 2 j
j
23

Eq. (8)
Eq. (9)

HSTL = ∑ BLh (t j ) × n j
j =1

k

CSTE = ∑ Pclm (t j ) +
j =1

12

∑P

j = k +1

cm 2

15

(t j ) + ∑ Pc 2 (t j )

26

26

j =1

j =1

HSTE = ∑ P&h (t j ) × n j + ∑ PRH (t j )

BLc (t j ) = Φ cr 2 a ×

Eq. (10)

j =13

t j − 23

35 − 23
Φ
− Φ cr
(29)
& (t ) = Φ + cr
Φ
(35 − t j )
cr 2 j
cr
35 − 29
17 − t j
BLh (t j ) = 1.39 × 0.82 × Φ cra ×
17

Eq. (11)
Eq. (12)
Eq. (13)
Eq. (14)

BLh (t j )
P&def 3 (t j ) =
above standard low Temp. heating capacity in frozen zone
C&def 3 (t j )
BLh (t j )
P&def 2 (t j ) =
above standard heating capacity in frozen zone
C&def 2 (t j )
BLh (t j )
P&h (t j ) = P&defm (t j ) = &
C (t )
defm

below intermediate heating capacity in frozne zone

j

BL (t )
P&hm 2 (t j ) = & h j
Chm 2 (t j )

between intermediate and standard heating capacity in frozne zone

BLh (t j )
P&hlm (t j ) = &
C (t )

below intermediate heating capacity in nonfrozne zone

hlm

Eq. (18)

j
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Pclm (t j ) =

BLc (t j ) × n j
E& (t )
clm

j

BL (t ) × n j
Pcm 2 (t j ) = c j
E& (t )
cm 2

Eq. (16)

j

P (29) − Pc 2
⎡
⎤
Pc 2 (t j ) = ⎢ Pc 2 + c 2
(35 − t j ) ⎥ × n j
35 − 29
⎣
⎦
&
PRH (t j ) = [ BLh (t j ) − Φdef 3 (t j )] × n j
4.2.

Eq. (15)

Eq. (17)
Eq. (19)

APF transformation from composite functions to one elementary function

The method of transforming the composite functions into an elementary function is to 1) deduce
CSTL, HSTL, CSTE and HSTL as elementary functions, 2) and bring CSTL, HSTL, CSTE and
HSTL into Eq. 7 to obtain the elementary function of APF.
By substituting Eq. (8)-Eq. (19) into Eq. (7), the function of APF is deduced, as shown in Eq.
(20).
APF = 991.29 × Φ cr 2 / (CSTE + HSTE )

13.848Φ cr 2 a
EERcr 2
×
× Pc 2
Φ cr 2 a + 0.154Φ crm EERcrm
83.088Φ cr 2 a (t j − 23)
23Φ cr 2 a + 17.39Φ crm
j =1
16.725 × (
− tj) +
Φ cr 2 a + 0.154Φ crm
4.968Φ cr 2 a + 1.956Φ crm
6

CSTE = ∑

(t j − 23) × n j ×

EERcr 2
Φ cr 2 a − Φ crm
×
× Pc 2
Φ cr 2 a + 0.154Φ crm EERcrm
+ 29.54 × Pc 2
+∑
6.924Φ cr 2 a (35 − t j )
EERcr 2
23Φ cr 2 a + 17.39Φ crm
j =7
+
(t j −
)×
EERcrm 4.968Φ cr 2 a + 1.956Φ crm
Φ cr 2 a + 0.154Φ crm
12

(t j − 23) × n j ×

k

HSTE = ∑ [0.067 × (17 − t j ) × Φ cr 2 a − (0.95668 + 0.021662 × t j ) × Φ def ] × n j
j =1

114Φ cr 2 a − 74.423Φ hr 2 114Φ cr 2 a − 95.67Φ def
0.067 × (17 − t j ) × n j × Φ cr 2 a (
)
−
6.7Φ cr 2 a + 1.685Φ hr 2
6.7Φ cr 2 a + 2.166Φ def
+∑
114Φ cr 2 a − 95.67Φ def
Φ def 114Φ cr 2 a − 74.4Φ hr 2
88.79Φ cr 2 a
69.07Φ cr 2 a
Φ hr 2
j =1
(t j −
)
(
− tj) +
6.7Φ cr 2 a + 2.17Φ def
75.9Φ cr 2 a + 12.84Φ def Pdef 6.7Φ cr 2 a + 1.69Φ hr 2
67Φ cr 2 a + 8.81Φ hr 2 Phr 2
p

114Φ cr 2 a − 74.423Φ hrm 114Φ cr 2 a − 74.423Φ hr 2
0.067 × (17 − t j ) × n j × Φ cr 2 a (
−
)
6.7Φ cr 2 a + 1.685Φ hrm
6.7Φ cr 2 a + 1.685Φ hr 2
+ ∑
69.1Φ cr 2 a
Φ hrm
114Φ cr 2 a − 74.4Φ hr 2
69.1Φ cr 2 a
Φ hr 2 114Φ cr 2 a − 74.4Φ hrm
j = p +1
− tj) +
(t j −
)
(
67Φ cr 2 a + 8.81Φ hrm Phrm
6.7Φ cr 2 a + 1.7Φ hr 2
67Φ cr 2 a + 8.81Φ hr 2 Phr 2 6.7Φ cr 2 a + 1.7Φ hrm
l

Eq. (20)

114Φ cr 2 a − 81.94Φ hrm 114Φ cr 2 a − 81.94Φ hr 2
0.067 × (17 − t j ) × n j × Φ cr 2 a (
−
)
6.7Φ cr 2 a + 2.57Φ hrm
6.7Φ cr 2 a + 2.57Φ hr 2
+ ∑
84.3Φ cr 2 a
Φ hr 2 114Φ cr 2 a − 81.9Φ hrm
84.3Φ cr 2 a
Φ hrm
114Φ cr 2 a − 81.9Φ hr 2
j = l +1
(
− tj) +
(t j −
)
75.6Φ cr 2 a + 12.9Φ hr 2 Phr 2 6.7Φ cr 2 a + 2.57Φ hrm
75.6Φ cr 2 a + 12.9Φ hrm Phrm
6.7Φ cr 2 a + 2.57Φ hr 2
m

n

+

∑

j = m +1

4.3.

114Φ cr 2 a − 81.94Φ hrm
)
6.7Φ cr 2 a + 2.57Φ hrm
1.114 × Φ hrm
114Φ cr 2 a − 81.94Φ hrm
(17 − t j ) +
(t j −
)
Phrm
6.7Φ cr 2 a + 2.57Φ hrm

0.067 × (17 − t j ) × n j × Φ cr 2 a (17 −
84.27Φ cr 2 a
Φ
× hrm
Phrm
75.61Φ cr 2 a + 12.87Φ hrm

APF simplification from elementary function to simplified calculating formula

The elementary function of APF shown in Eq. (20) still has complicated expression which need
further simplification to accelerate the calculation speed. The idea of obtaining the simplified APF
calculating formula is to make a proper fitting for complicated parameters CSTE and HSTE to get
simplified CSTEfit and HSTEfit, and bring CSTEfit and HSTEfit into Eq. (20) to get a simplified APF
formula.
The fitting of CSTE includes the following 3 steps:
1）Determining the fitting forms of CSTEfit. The variable CSTE/Pc2 is a non-dimensional number
which is related to EERcr2/EERcrm, as shown in Fig.4. The variable CSTEfit/Pc2 can be fitted as a
linear function of EERcr2/EERcrm.
2）Determining variation range of independent variables. The value of EERcr2/EERcrm changes
between 0.6 and 1 according to the market survey of current air conditioners.
3）Determining fitting coefficients. The fitting results are shown in Eq. (21).
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Figure 4: Relationship between CSTE/Pc2 and EERcr2/EERcrm

CSTE fit = [209.37+369.95 ×

EERcr 2
] × Pc 2
EERcrm

Eq. (21)

The fitting of HSTE includes the following 3 steps:
1）Determining the fitting forms of HSTEfit. HSTE is linearly related to Phr, Phm and Pdef. The
variables of Φhr/Φcr2 and Φdef/Φcr2 in HSTE are quadratic polynomial.
2）Determining variation range of independent variables. The value of Φdef/Φcr2 changes between
0.8 and 1.4; the value of Φhr/Φcr2 changes between 1.1 and 1.6; the value of Phr changes between
1000W~1500W; the value of Phm changes between 400W~600W; the value of Pdef changes
between 1300W~1600W.
3）Determining the fitting coefficients. The fitting results are shown in Eq. (22).
HSTE fit = [1570-1400
+[-3692 + 6743

φdef
φdef 2
φdef φhr
φhr
φhr 2
φcr + 390( φcr ) + 736 φcr + 162( φcr ) + 215 φcr φcr ] × pdef

Eq. (22)

φhr
φhr 2
φhr
φhr 2
φcr -2963( φcr ) ] × phr +[10980-18730 φcr + 8108( φcr ) ] × phm

By substituting Eq. (21) and Eq. (22) into Eq. (20), the simplified APF calculating formula is
deduced, as shown in Eq. (23).
APF =

991.29 × Φ cr 2
A+ B +C

A = [209.37+369.95 ×

φ

EERcr 2
] × Pc 2
EERcrm

Eq. (23)
φdef

φ

φdef

φdef φ

B = [1570-1400 φhr + 390( φhr ) 2 + 736 φ + 162( φ ) 2 + 215 φ φhr ] × pdef
cr
cr
cr
cr
cr
cr

φ

φ

φ

φ

C = [-3692 + 6743 φhr -2963( φhr ) 2 ] × phr +[10980-18730 φhr + 8108( φhr ) 2 ] × phm
cr
cr
cr
cr

4.4.

Error analysis on simplified APF calculating formula

The error of the simplified APF calculating formula derives from the fitting error of CSTEfit and
HSTEfit.The maximum fitting error of CSTEfit is 0.45% when EERcr2/EERcrm equals 0.6.The
maximum fitting error of HSTEfit is 0.2% when Φdef/Φcr2, Φhr/Φcr2, Phr, Phm and Pdef are respectively
1.18, 1.31, 1323W, 461W and 1538W. The maximum error of simplified APF calculating formula is
less than the sum of the maximum error of CSTEfit and the maximum error of HSTEfit. So the
maximum error of simplified APF calculating formula is within 0.65%.

5. A PRACTICAL CASE OF PREDICTING MAXIMUM APF FOR HPAC
A practical case is provided on a normal domestic split HPAC in order to clearly illustrate how to
predict the maximum APF. The cooling capacity of the HPAC is 3.5 kW. The HPAC use an inverter
reciprocating compressor, a capillary tube with 1.3 mm inside diameter and 500 mm length.
Step 1: Determining the simplified predicting model of capacities and efficiencies by one group of
APF test data shown in Table 1. The tested data are brought into Eq. (6) to obtain the exact
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expressions of the simplified predicting model of capacities and efficiencies.
Table 1. One group of original APF test data

Conditions
Compressor
efficiency
Evaporating
Temp. /oC
Condensing
Temp. / oC
Capacities /W
Efficiencies /W

Standard
cooling

Intermediate
cooling

Standard
heating

Intermediate
heating

Standard low
Temp. heating

0.68

0.75

0.66

0.78

0.65

9.7

19.7

1.9

3.2

-2.5

44.3

40.6

48.6

30.0

36.9

3507.4

1767.1

5155.7

2571.2

4006.3

3.373

4.875

3.039

5.161

2.691

APF

3.798

Step 2: Determine the simplified APF calculating formula. Eq. (23) is used to calculate the APF.
Step 3: Searching the maximum APF. The maximum APF is searched on the computer by solving
the optimization function set shown in Eq. (24).
APF =

991.29 × Φ cr 2
A+ B+C

A = [209.37+369.95 ×
max :
B = [1570-1400

EERcr 2
] × Pc 2
EERcrm

φdef
φdef 2
φdef φhr
φhr
φhr 2
φcr + 390( φcr ) + 736 φcr + 162( φcr ) + 215 φcr φcr ] × pdef

C = [-3692 + 6743

φhr 2
φhr
φhr 2
φhr
φcr -2963( φcr ) ] × phr +[10980-18730 φcr + 8108( φcr ) ] × phm

Eq. (24)

φcr ≥ 95% φcra ; φhr ≥ 110% φcra ; φdef ≥ φcra ; φcm = 0.5 φcr ; φhm = 0.5 φhr
EERcr = 24.14 + 4.57φcr − 0.105φcr 2 +
s.t.

EERcm = 32.2 + 3.024φcm − 0.254φcm 2 +

0.472φcr 4 + 2.754φcr 3 − 2.47φcr 2 + 42.55φcr + 12.477
0.025φcm 4 + 3.024φcm 3 − 1.287φcm 2 + 62.54φcm + 35.5

COPhr = 4.57 + 8.57φhr − 0.524φhr 2 + 1.47φhr 4 + 0.474φhr 3 − 0.487φhr 2 + 4.457φhr + 1.452
COPhm = 24.5 + 8.11φhm − 0.247φhm 2 +
COPdef = 28.6 + 4.66φdef − 0.678φdef 2 +

3.414φhm 4 + 0.875φhm 3 − 1.54φhm 2 + 2.68φhm + 6.57
5.69φdef 4 + 0.773φdef 3 − 3.67φdef 2 + 6.578φdef + 32.55

The maximum APF and the corresponding best capacities and efficiencies of 5 working conditions
are obtained, as shown in Table 2. The calculation results show that the maximum APF predicted
by the proposed method for a normal domestic HPAC is 7.08% higher than the initial test data of
APF.
The prediction of the maximum APF is resolved on a normal computer configured with a CPU of
3.6GHz×4 cores and a memory stick of 1600MHz×4G, and consumes 12 seconds which is fast
enough to satisfy the engineering requirement.
Table 2. Prediction of the maximum APF for HPAC

Type
Predicted
maximum
APF data

Conditions
Capacities
/W
Efficiencies
APF

Standard
cooling

Intermediate
cooling

Standard
heating

Intermediate
heating

low Temp.
heating

3325

1663

4224

2112

4305

3.501

4.991

3.365

5.29

2.565

4.067

6. CONCLUSIONS
This paper proposes a method to predict the maximum APF for HPAC. The method is applied to a
normal domestic HPAC. The main conclusions are as follows:
(1) The fast and precise prediction of maximum APF for HPAC is realized by setting up a simplified
predicting model based on a group of APF test data to accelerate the speed and precision of
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calculating capacities and efficiencies, and deducing the simplified APF calculating formula to
accelerate the search speed of the maximum APF.
(2) The maximum APF predicted by the proposed method for a normal domestic HPAC is 7.08%
higher than the initial test data of APF. The prediction of the maximum APF is resolved on a normal
computer configured with a CPU of 3.6GHz×4 cores and a memory stick of 1600MHz×4G, and
consumes 12 seconds which is fast enough to satisfy the engineering requirement.
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NOMENCLATURE
EER
h
Tcond
Tair,low
Φcond
Tevap,test
tj
Φcr2(tj)
Φcr2a
E(tj)
BLc(tj)
Ph(tj)
PRH(tj)

efficiency of theoretical cycle
Enthalpy(kJ×kg-1×K-1)
condensing temperature(oC)
lower ambient temperature(oC)
heat transfer of condenser (W)
tested evaporating temperature(oC)
outdoor ambient temperature(oC)
standard cooling capacity (W)
nominal cooling capacity (W)
cooling efficiency
cooling load of building(W)
heating power consumption(W)
power of electric heater(W)

ηi
Tevap
Tair,high
Φevap
Φevap,test
Tcond,test
nj
Φcr2
P(tj)
Pc2
BLh(tj)
Ch(tj)

efficiency of compressor
evaporating temperature(oC)
higher ambient temperature(oC)
heat transfer capacity of evaporator(W)
tested capacity of evaporator(W)
tested condensing temperature(oC)
working hours(×3600s)
standard cooling capacity (m3×mol-1)
cooling power consumption(W)
standard cooling power consumption
heating load of building(W)
heating efficiency
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ABSTRACT
Nowadays, the natural substance R290 has been considered as a promising next generation
refrigerant for split type household air conditioners (STHACs) owing to its excellent environmental
and thermodynamic properties. However, the obvious shortcoming of R290 is flammable and
explosive, which make the application of R290 needs more security precautions to ensure the safety.
This study introduced the application and risk assessment of R290 in the STHACs. The refrigerant
mass distribution in the components of R290 STHAC were carried out. In addition, the R290
concentration distribution after a leakage from the STAHC at different charge quantity and the
diameter of leak hole was presented and the risk of R290 was analysed. Based on the results, a
practical method by installing a solenoid valve to reduce the risk of R290 was proposed and verified.
Keywords: Air conditioner, Distribution, Leakage, R290, Safety.

1. INTRODUCTION
HCFCs are being phased out under the Montreal Protocol (1987), and the HFCs alternatives with
high GWP values will also be phased down under the Kigali amendment (Höglund et al., 2017),
which was signed in 2016 and will enter into force in 2019. Therefore, the application of environmentfriendly hydrocarbons (HCs) in air conditioners has attracted worldwide attention. R290 (propane),
as one of the HCs, has begun to be successfully applied in air conditioners in China and Europe for
replacing R22. When used in air conditioners, R290 can provide higher energy efficiency (Wu et al.,
2012), better heat transfer in heat exchangers (Sánchez et al., 2017), lower discharge temperature
and reduce the power consumption (Padalkar et al., 2014), relative to R22. Besides, the charge
quantity of R290 is approximately 50% of R22 in the same air conditioner system due to its much
lower density (Teng et al., 2012) and although the cooling capacity of R290 is 4.7–6.7% lower the
energy efficiency ratio (EER) could be 8.5% higher than that of R22 (Zhou and Zhang, 2010). Most
importantly, the favorable environmental characteristics of R290 make it a viable long-term
refrigerant option (Colbourne et al., 2015). As a part of the liquefied natural gas, R290 (propane) has
the characteristics of flammable and explosive, it needs a series of safety precautions to avoid
leakage and ensure the safety (Colbourne et al., 2013). In this paper, the R290 concentration
distribution in the room are measured by series gas detectors. The influence of charge quantity and
the diameter of leak hole on the R290 concentration distribution was discussed and compared. A
new method of using a solenoid valve near the capillary to reduce the leaking rate was investigated.
The results could provide valuable guidance for improving the indoor safety and accident prevention
when using R290 as working fluid in the STHACs.

2. EXPERIMENTAL APPARATUS AND PROCEDURES
2.1.

Experimental apparatus

Fig. 1 illustrates the schematic of the experimental apparatuses. Two identical indoor units with a
width of 1.05 m were employed, the indoor unit (4) was connected to the corresponding outdoor unit
while the experimental indoor unit (8) was separately mounted to imitate the R290 indoor leakage.
The solenoid valve (2) was installed on the liquid delivery tube and near the capillary to investigate
its effects on reducing the fire hazard of R290. The three-way tube (5) and hand valve (6) were
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installed on the outlet pipe of the STHAC indoor unit (4) to exclude the impact of the liquid refrigerant.
The flexible hose (7) with a length of 1.5 m and the inner diameter of 9.6 mm was connected to the
hand valve (6) and acted as the delivery tube. In the R290 mass distribution experiments, the R290
in the indoor and outdoor unit was separated by the shut off valves (3), the flexible hose (7) delivers
the refrigerant into the gas collection (13) and the mass of R290 was measured by the quasi-liquid
nitrogen method (QLNM), which is a convenient method using the gas bag to measure the refrigerant
mass. In the R290 leakage experiments, the port of flexible hose (7) was put inside the experimental
indoor unit (8) to mimic the leakage point. It was located at the position of the u-tube junctions of the
evaporator, which is the most likely leakage position inside the indoor unit according to the record
by STHAC service engineers (Li, 2014, Colbourne et al., 2013). By these experimental methods, the
pressure in the STHAC gradually decreases during the leakage process, which is close to the actual
leakage conditions. According to Tang's research (Tang et al., 2018), when R290 leaks on the indoor
unit side, the area where the R290 concentration exceeds the lower flammable limit is mainly
concentrated in the area directly under the air conditioner. Therefore, the sensors are mainly placed
in the area directly under the air conditioner to detect the leaked refrigerant concentration distribution.

Figure 1: Schematic and photograph of the experimental apparatus

2.2.

Quasi liquid nitrogen method (QLNM) for measuring refrigerant mass distribution

The famous methods for measuring refrigerant mass in components of a refrigeration system are
liquid nitrogen method (LNM) and online measurement method (OMM). But the test system of LNM
is very complicated. OMM, in which the components are placed on the balance and weighed directly,
is convenient but less accurate. The measurement error while using LNM is 0.07–0.11% and that of
OMM is 3–8% (Ding and Zhang, 2009). Combining these two methods, a method called quasi liquid
nitrogen method (QLNM) was proposed, which is expected to be more convenient than LNM and
more accurate than OMM. In QLNM, the refrigerant flows into a large plastic bag because of the
higher pressure in the components. However, the actual mass of the refrigerant is different from the
measurement result because of air buoyancy. The actual refrigerant mass in the plastic bag based
on the Archimedes buoyancy formula is given by Eqs. (1) and (2)

G= r  V1  g = Fn + F = Fn +  a  V1  g

Eq. (1)

 r  V1  g
r
G
G
=
=
=
Fn G − F  r  V1  g −  a  V1  g  r −  a

Eq. (2)

Where G is the actual weight of the refrigerant, Fn is the weight of the refrigerant measured by using
the balance, F is the buoyancy force by the air, and V1 is the volume of the plastic bag. Moreover, ρr
is the density of R290 and ρα is the density of air. Fn can be read from the balance. The ambient
temperature of the experimental situation is 32°C, and the atmospheric pressure is 1atm. Thus,
ρr=1.7879kg/m 3 and ρα=1.1568 kg/m 3, G =

1.7879
Fn=2.83Fn.
1.7879 − 1.1568
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3. RESULTS AND DISCUSSION
3.1.

R290 mass distribution of the STHACs

As shown in Fig. 1, the flexible hose (7) was put into the gas collection (13) in the R290 mass
distribution experiments, then the mass of R290 in the STHAC was measured by QLNM. The results
were illustrated in Fig. 2. The R290 mass of the indoor unit included the evaporator and the delivery
tubes, while the outdoor unit included the condenser and accumulator. It can be found in Fig. 2(a)
that the R290 mass distribution in the outdoor unit accounted 57-80% of total charge when the
STHAC is working for a long time; the reason is that most refrigerant will gather in the condenser
with the liquid form or dissolved in the lubricating oil. From Fig. 2(b), the R290 mass distribution in
the indoor unit accounted 66-73% of total charge when the STHAC does not work for a long time;
the reason is that the part of the refrigerant is stored in the liquid form in the evaporator, and the
refrigerant in the condenser is in the form of a gas. The results indicate that the refrigerant migrates
from the condenser to the evaporator after the STHAC is shut down. This outcome is expected since
the pressure in the condenser is higher than that in the evaporator when the STHAC is shut down.
Hence, the refrigerant migrates from condenser to evaporator until the equilibrium pressure is
reached. The phenomenon of refrigerant migration after STHAC shutdown raises safety concerns
since the STHAC closed stage occupied most of time in the room. R290 will gather in the indoor unit
after the STHAC cooling mode powered off. On the other hand, we can infer that in the heating mode,
the potential indoor fire risk of STHAC will be reduced because R290 will gather in the outdoor unit.
The results also indicated that if the connection of indoor unit and outdoor unit could be cut off after
the STHAC shutdown, only 20-43% of total R290 charge quantity could leak off when the leakage
accident occurs. The specific control method is that in the cooling mode, the STHAC is cut off
immediately after the shutdown of the indoor unit and the outdoor unit; in the heating mode, the
STHAC is turned off for a period of time to cut off the connection between the indoor unit and the
outdoor unit.

(a)

(b)

Figure 2: R290 mass ratio of the indoor and outdoor unit; (a) the STHAC is working for a long time
(more than 4 hours); (b) the STHAC does not work for a long time (more than 24 hours)

3.2.

Indoor leakage of the R290 STHACs

3.2.1. Impact of the refrigerant charge quantity
To explore the relationship between different R290 charge quantity and concentration distribution in
the room, two R290 charge quantity with 260 g and 350 g were selected in this study for 1HP STHAC.
The results of R290 concentration distribution with different charge quantity and 0.5 mm leakage
hole were shown in Fig. 3. Since the range of the gas detectors is 0-100% lower flammable limit
(LFL). It could be convenient to find that the concentration of which detectors could exceed LFL in
those figures.
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(a)

(b)

Figure 3. Concentration distribution results of 0.5 mm leakage hole for 1HP; (a) 260 g charge
quantity; (b) 350 g charge quantity

The whole leakage process in Fig. 3 was summarized in three periods, which is the fast-leaking
period, buffering period and diffusing period. It could be observed in Fig .3(a) that after the fastleaking period, the R290 concentration of all detectors has a process of falling and rising again. The
reason is that the leaked R290 in fast-leaking period reduced the pressure in the evaporator and
leaking rate is also decreased, so the R290 concentration falling at the beginning of buffering period.
After that the high pressure in the condenser will drive the R290 to migrate from condenser to
evaporator through the capillary and liquid connect pipe then leaks off, the migrated R290 from
condenser will raise the pressure in the evaporator and the leaking rate, and the R290 concentration
in the room rising again. After the most of R290 in the STAHC leaks off and disperses in the room,
the R290 concentration in the room will gradually decline and reach a stabilized level in the last. The
stabilized R290 concentration level can be verified by the charge quantity. For Fig. 3(b), the trend of
the R290 concentration curve is similar to Fig. 3(a). However, the duration time of fast-leaking period
is extended since the evaporator gathers more liquid R290 in it, the concentration of detector D also
reached LFL level in the fast-leaking period. The biggest difference between the two Figures is the
duration time of concentration exceeds the LFL, which means the time of combustible zone appears
in the room. The combustible zone’s residence time in Fig. 3(a) and Fig. 3(b) are 53s and 99s,
respectively. The major difference is that the combustible zone’s residence time will be extended by
increasing the refrigerant charge quantity. Taken together, it is increasing with the charge quantity,
which implies the higher R290 charge quantity will bring the longer dangerous time in the room when
R290 leakage occurs. Hence, it needs to strictly restrict the R290 charge quantity to ensure the
safety. Another, the concentration distribution of Fig. 3 implies that the combustible zone is more
likely appear in the region underneath and near to the leak position. Hence, the electrical
components, such as the socket, should not install underneath the R290 STHAC to prevent the
generation of accidental short circuit electric sparks in the combustible zone.
3.2.2.

Influence of diameter of leakage hole

Figure 4: R290 concentration of detector B under different charge quantity and diameter of leakage
hole
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Three kinds of circular leakage hole with a diameter of 0.5 mm, 1.0 mm and 4.37 mm were chosen
in this study to investigate the influence of different leakage hole on R290 concentration distribution
in the room. The leakage hole with 0.5 mm diameter was to imitate the situation that tiny rupture on
the tube, because it is difficult to drill a smaller diameter hole in the copper tube due to limitations
imposed by process. At the same time, the 1.0 mm was to imitate the partial rupture on the tube
while 4.37 mm was corresponding to a breakage of the pipe in this study. The 4.37 mm leakage hole
was exactly a tube with 5.0 mm external diameter since the researchers in China have applied it to
reduce the heat exchanger’s inner volume for reducing the R290 charge quantity. Fig. 3 illustrated
that the trend of the R290 concentration curve is similar in the whole leakage process and detector
B always have the highest R290 concentration. Hence, R290 concentration in detector B under
different situations were discussed and the results were shown in Fig. 4.
The results described in Fig. 4 show that the combustible zone’s residence time will increase with
the charge quantity, but not with the diameter of leakage hole. For example, in the condition of 300
g R290 charge quantity, the combustible zone’s residence time under 0.5 mm, 1.0 mm and 4.37 mm
diameter of leakage hole is 82 s, 178 s, and 115 s, respectively. The longest combustible zone’s
residence time appeared in the condition of 1.0 mm diameter of leakage hole, which is not 4.37 mm.
The larger diameter of leakage hole brings the faster leaking rate and leads to more expansive
combustible zone in the room, but it also leads to shorter leaking time in the same charge quantity
at the same time. The combustible zone of 4.37 mm is more expansive than 1.0 mm (all detectors
exceeded the LFL in 4.37 mm while detectors A and C cannot reach LFL level in 1.0 mm), but a
shorter leaking time leads to the combustible zone’s residence time of 4.37 mm (115s) is shorter
than 1.0 mm (178s). The result of 0.5mm leakage hole remains the shortest combustible zone’s
residence time (82s) because its leaking rate is too low to maintain the R290 concentration exceed
LFL for a long time. The longer leaking time and fast enough leaking rate results in the longest
combustible zone’s residence time under 1.0 mm diameter of leakage hole. Therefore, it is
noteworthy that the size of the leakage hole is not positively related to the degree of risk, the certain
leakage hole with long leaking time and fast enough leaking rate will bring the most dangerous
situation in the room.

(a)

(b)

Figure 5: Concentration distribution results of 500 g charge quantity and 0.5 mm leakage hole; (a) 2
HP STHAC; (b) 3 HP STHAC;

In addition, an unusual phenomenon was found when studying the diameter of leakage hole. It is
that for 2HP and 3HP STHAC, all of the 0.5 mm leakage hole results showed that the R290
concentration will not approach the LFL, regardless of the quantity of refrigerant charge, as shown
in Fig. 5. But in the results of 1 HP STHAC, the R290 concentration did reach the LFL with a 0.5 mm
leakage hole, even though the R290 charge quantity was only 260g (as shown in Fig. 3). This
outcome might be explained by the larger internal size of the indoor unit. The leaking refrigerant flow
rate depends mainly on the pressure difference between inside and outside of leakage hole and the
area of leakage hole, then if the pressure difference between inside and outside of leakage hole and
the area of leakage hole are all same, the leaking refrigerant flow rate will be same and has nothing
to do with the capacity of the unit. But the different capacities of the air-conditioner units need
different size of indoor unit and outside unit. The larger capacity of the unit needs larger size indoor
unit. In our experiments, the height and the width of the indoor unit of 1HP unit are same with that of
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the indoor unit of 2HP and 3HP units, but the length of the indoor unit of 1HP unit is only about
800mm with the length of evaporator tube is 600 mm (Tang et al. 2018) and the length of the indoor
unit of 2HP and 3HP units is 1000 mm with the length of evaporator tube is 805mm. When the
saturation pressure in indoor unit and the leakage hole are same for air conditioner units with different
capacities, the leaking refrigerant flow rate through the leakage hole would be the same. Because
the leaked refrigerant will first diffuse inside the indoor unit and then flow into the room through the
air outlet (length is same with the length of evaporator tube) of the indoor unit, the larger length of
the air outlet could result in the lower refrigerant flow rate through the air outlet of the indoor unit,
and the lower refrigerant flow rate into the indoor environment would cause the lower R290
concentration distribution. Hence, the R290 concentration of 2 HP and 3 HP STHAC with a 0.5 mm
leakage hole will not exceed the LFL. Besides, the difference of the internal positioning, the direction
of the leak jet and the location of the concentration sensors could also have the effect on the indoor
R290 concentration distribution.
3.3.

Reduce the risk of R290 leakage

The results of R290 mass distribution of the STHACs indicated that installing a solenoid valve near
to the capillary could reduce the leaking rate by delay the R290 migrate from condenser to
evaporator. Hence, the experiments with solenoid valve closed were carried out to investigate its
effects on reducing the leaking rate. Fig. 6 illustrates that all detectors have reached the LFL level
and the longest combustible zone’s residence time (186s) since it has the largest charge quantity
(350 g) and the longest leaking time (1.0 mm). However, the result of the situation that solenoid valve
closed (Fig. 6(b)) shows that the region and residence time of the combustible zone were reduced,
only detectors B and D have reached the LFL and the residence time was shortened to 85s. Fig.
6(a) and 6(b) show the comparison of solenoid valve opening or closed under the most dangerous
situation in this study. Therefore, it could be concluded that closing the solenoid valve could greatly
improve the safety of R290 STHAC.

(a)

(b)

Figure 6: Concentration distribution results of 350g charge quantity with 1.0mm leakage hole; (a)
solenoid valve opened; (b) solenoid valve closed;

Another, Fig. 7(a) illustrated the R290 concentration of 2 HP STHAC with a 400 g refrigerant charge
quantity, 2.0 mm diameter leakage hole and solenoid valve (2) closed. The closed solenoid valve
hinders the refrigerant migration process from the condenser to the evaporator and reduce the
leaking rate, resulting that both the region and residence time of the combustible zone being
decreased. It could be clearly observed from Fig. 7(a) that there is a distinct rise of R290
concentration (especially the gas detector E) in the buffering period. This means that there might
exist other migration ways from condenser to evaporator when the solenoid valve closed. The
experiment with shut off valve (3) of the 2 HP STHAC closed was therefore carried out to investigate
it. Only the shut off valve (3) of the gas delivery tube was closed at beginning since the solenoid
valve (2) was installed on the liquid delivery tube (Fig. 1), but it was reopened once the R290
concentration in the room was stable for a period. The solenoid valve (2) was kept closed during the
whole leakage process and the results are shown in Fig. 7(b). The R290 concentration illustrated in
Fig. 7(b) was clearly divided into two phases. Firstly, the refrigerant in the evaporator leaked out and
raised the R290 concentration in the room. Then the average stabilized concentration at the moment
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of 1200-1800 s in Fig. 7(b) was about 5% LFL. The shut off valve of the gas delivery tube was
reopened at the 1800 s, then the R290 concentration in the room raised immediately and the final
stabilized concentration value is the same as all the 450 g R290 had leaked into the room. From this
phenomenon it could be inferred that the R290 migration process through the liquid delivery tube will
be cut off by the closed solenoid valve, but the high pressure of the condenser will still drive the
refrigerant to the evaporator through the clearances of the compressor and the gas delivery tube.

(a)

(b)

Figure 7: Concentration distribution results of 400 g charge quantity, 2.0 mm leakage hole and
solenoid valve closed of 2 HP STHAC; (a) the shut off valve (3) was always open; (b) the shut off
valve (3) was closed at the beginning but reopened at the 1800s

3.4.

Summary of the results

Except for the above representative experimental results, many different experiments carried out to
analyse the influence of the various factors. Table 1 lists the distribution of R290 concentrations in a
room with several special cases. For 2HP and 3HP STHAC, whether the solenoid valve is closed, it
is found that the room is relatively safe under the 0.5 mm diameter leak hole because all of the
sensors do not detect the refrigerant concentration reaching the LFL. But for the 1HP STHAC, the
refrigerant concentration in the area where the sensors are located does not reach the LFL only
when the solenoid valve is closed. The range and residence time of the combustible zone was
reduced after closing the solenoid valve for the 2 HP STHAC with a 2.0 mm leakage hole, but was
extended for the 3 HP STHAC. This might be caused by the wider clearances of the 3 HP R290
rotary compressor on account of it being a prototype. After the solenoid valve closed, the refrigerant
in the condenser will migrate through the clearances of the rotary compressor into the evaporator
and then leak out; the leaking rate was reduced but the leaking time extended. As a comparison, the
combustible zone’s residence time of 2 HP STHAC was shortened because its leaking rate could
only make the R290 concentration in the room to reach the LFL for a short time. As a mitigation, the
manufacturing process of the 3 HP R290 rotary compressor needs to be improved so that clearances
distances are reduced.
Type
Leakage hole
charge quantity
Solenoid valve
Sensors NO. of
exceeding LFL
Residence time
of measurement
points exceeding
LFL /s

Table 1. Summary of the indoor leakage tests conditions and results
1HP
2HP
3HP
0.5mm
1mm
0.5mm
2mm
0.5mm
350g
350g
500g
500g
500g

2mm
500g

open

close

open

close

open

close

open

close

open

close

open

close

BD

-

ABC
DE

BD

-

-

ABCD
EJK

ACJ

-

-

ABCD
EJK

BCD
EK

99

0

186

85

0

0

123

33

0

0

157

153

Particular, there is an important observation cannot be ignored that within the fast-leaking period,
R290 leakage is accompanied by a huge sound. This huge sound is similar to the sound at the start
of the STHAC switching to the defrost mode from the heating mode. The difference is the huge
sound is transitory in the defrost mode but continues in the whole leakage process, it will be quieter
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in the buffering period but still could be clearly heard in the room. In addition, this huge sound can
also be heard by the experimenter even in the tests that no detectors reach the LFL level such as
under the condition that 0.5 mm leakage hole and solenoid valve closed. Hence, this observation
could help the consumers to identify the flammable risk in the room where using R290 STHAC: if
they heard the huge leakage sound, there probably exists fire risk in the room.

4. CONCLUSIONS
Based on the above experimental results, the following conclusions can be reached:
(1) Refrigerant charge quantity has a major influence on the R290 concentration distribution in the
room. A higher R290 charge quantity will lead to a more extensive combustible zone and longer
residence time in the room.
(2) A practical and achievable approach to significantly reduce the leaking rate and enhance the
room safety is installing a solenoid valve behind the capillary, and simultaneously closing it as
the STHAC shutdown. The results demonstrate that both range and residence time of the
combustible zone were significantly reduced under the condition of solenoid valve closed.
(3) Potential ignition sources, such as switches and other electrical components should be avoided
installed underneath the indoor unit of STHAC because it is the most probable region where
combustible zone appears. The huge sound accompanied with the leakage might be the
judgment whether the flammable risk appeared in the room.
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ABSTRACT
Experimental investigation of transcritical R744 pack for Indian supermarkets was performed.
Parallel combination of expansion work recovery multiejector blocks was applied for optimization of
energy performance of the whole pack. The discharge pressure control proved to be fully functional
with parallel multiejector operation providing system stability over a broad range of ambient
conditions. Energy performance of the pack measured in Indian conditions was at the level recorded
in the NTNU/SINTEF laboratory for a reference R744 pack. High ambient temperatures might result
in operation on the verge of the operational envelope for compressor discharge temperature,
especially for the MT machines.
Keywords: Supermarket, R744, Ejectors.

1. INTRODUCTION
Refrigeration systems for supermarkets solely based on carbon dioxide are currently able to
outperform HFC-based units for across Europe, thanks to the implementation of different
technologies improving energy performance, such as overfed evaporators, vapour ejectors for
unloading the medium-temperature (MT) compressors or AC production, Pardiñas et al. (2018a), as
well as mechanical subcooling, Karampour and Salwaha (2018), among others. Still, that continuous
adoption of more and more sophisticated technical solutions for boosting of energy performance
made the system layouts and control strategies more complex, elevating the investment costs for
'all-in-one' R744 solutions above the level of typical HFC units, Gullo et al. (2018). This effect,
together with the lack of knowledge and experience with transcritical systems and their performance
in tropical conditions results in the total absence of R744 in the Indian supermarkets, hotels and cold
chain industry, for the sake of HCFCs and HFCs.
Initial studies show however that potential for application is great, even in the regions of India
characterized by very hot climate. Namely, Purohit et al. (2018) found in their theoretical study that
properly designed 'all-in-one' R744 systems (integrated all CO2 booster with multiejectors and
flooded evaporators) always outperform conventional HFC systems with direct expansion and
superheated evaporators.
Typical design profile of refrigeration loads for supermarkets of different size around Europe is
defined by the refrigeration capacity ratio (called also load factor and defined as ratio of MT
refrigeration load to LT refrigeration load), typically between 2 and 8, Gullo et al. (2017), for
evaporating temperatures ranging from -10 °C to -2 °C for the MT section and from -35 °C to -25 °C
for the LT section, correspondingly, Gullo et al. (2018). Integration of AC is desired, however not
always accepted by the shop owners. Integration of heating is in practice a standard design.
In Indian conditions load factor is somewhat lower (between 3 and 4) and the effect of AC cannot be
neglected since AC constitutes ca. 50% of the overall load, Purohit et al. (2018). Also, in order to
effectively compete with HFC systems, integration of the AC load in the 'all-in-one' R744 system is
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a must. Integration of heating will naturally only further boost up the energy performance, due to very
advantageous properties of CO2 for heat reclaim. Therefore, appropriate design of the integrated
compressor pack for Indian supermarkets becomes an issue of particular importance. The purpose
of this paper is to present the first results registered at a demo transcritical R744 facility, emulating
compressor pack for a small-size Indian supermarket. A specific feature of the rig elevating the
energy performance, apart from complete integration (freezing + cooling + air conditioning +
heating), is maintaining the discharge pressure solely with the use of multiejectors, i.e., total
elimination of the high-pressure expansion valves.

2. SYSTEM DESCRIPTION
A demo R744 test facility for supermarket applications of 3 kW LT, 10 kW MT and 20 kW AC cooling
capacity was developed in cooperation with ENEX, Danfoss, Dorin, LUVE and Klimal, and installed
at IIT Madras, India (Figure 1), within the scope of project INDEE. The cooling system is designed
to maintain three different levels of temperatures at the three shell-and-tube evaporators: freezing
temperature (LT) at -29°C, refrigeration temperature (MT) at -6°C and air conditioning (AC) at 7-9°C.
The test facility is also equipped with the glycol-based heat recovery system to maintain a constant
heat load to the system (heat reclaimed in gas coolers is effectively used to supply evaporators).
The excess heat is rejected in an air-cooled fin-and-tube gas cooler. Outlet conditions of MT and LT
evaporators are controlled by Electronic Expansion Devices (EEV). Propylene glycol and water
solution is used as a heat transfer medium in the test facility. Two separate glycol loop circuits are
arranged with different glycol concentrations; 42% for MT & AC load and 56% for LT load.

Figure 1: Layout of the transcritical R744 demo facility for Indian supermarkets at IIT Madras

Three piston compressors are arranged at various suction temperature levels (LT & MT and AUX
compressors) to handle load as well as high amounts of flash gas. Two 4-cartridge vapour
multiejector blocks by Danfoss (Multi Ejector Solution™) are installed in parallel, low entrainment
ratio ejector (LERE) and high entrainment ratio ejector (HERE). One 2-cartridge liquid ejector block
is also installed and connected to a suction accumulator to provide an excess feed to overflood the
MT evaporators throughout the year (not indicated in Figure 2 for the sake of picture's clarity).
Temperature sensors (PT1000), pressure sensors (piezoelectric cells), and flow meters (ultrasound
flow meters for glycol circuits) are installed for system control and data acquisition.
The rig facilitates a few different operational modes to evaluate various possible configurations for
supermarket application at high ambient temperature (up to 48 °C). Figure 2 shows the detailed
schematic of the R744 test facility and various components installed in the system. The
corresponding p-h plot for the present study is projected in Figure 3.
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Figure 2: P&ID of the demo R744 system at IIT Madras. IC – intercooler (desuperheater), HR – heat
reclaim, LERE – low-entrainment-ratio ejectors, HERE – high-entrainment-ratio ejectors, IHX –
internal heat exchanger.
For state points
representation in p-h diagram see Figure 3

Figure 3. Cycle representation for the integrated LT, MT, and AC system for Indian supermarkets
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3. TEST CONDITIONS
System layout investigated during the test campaign enabled maximum recovery of the expansion
work potential available in the high-pressure gas cooler outlet stream, i.e., the potential available in
the high-pressure stream leaving the gas cooler was effectively converted into suction effect in two
independent multiejector blocks, HERE for AC production, and LERE for compressing part of the MT
vapour to the receiver pressure.
The main device used to control discharge pressure were LERE ejectors (in auto mode) while HERE
ejectors were switched on manually to invoke circulation in the AC evaporator. The range of
operating conditions tested is given in
Table 1.
Table 1. Test conditions maintained during experimental campaign

Operating parameter
Gascooler outlet temperature
Gascooler outlet pressure
AC evaporation temperature
MT evaporation temperature
LT evaporator temperature
superheat
Receiver pressure
IHX/heat reclaim

Units
°C
bar
°C
°C
°C
K
bar
-

Value/Range
36 to 46
86 to 108
4 to 8
-9 to -6
-31 to -28
4 to 15
43 to 46
Bypassed/not included

4. ENERGY PERFORMANCE PARAMETER
The variety of technical solutions offered by manufacturers as an alternative to F‐gases banned from
2020 (like R‐404A) and the availability of very new integrated solutions for refrigeration and air
conditioning based on CO2 require a comparison of systems in terms of energy efficiency, rather
than energy consumption. It claims for experimental methodologies, as consolidated and validated
models for those systems are not yet available or affordable. Thus, a simplified approach based on
measurement of power input and the comparison of the minimum ideal required power in the Carnot
cycle is proposed. Namely, Power Input Ratio (PIR, see Figure 4) may be calculated for any ambient
conditions and reference temperature levels of utilities (LT, MT, AC, heating, domestic hot water).

Figure 4. Definition of energy performance measure for integrated systems in supermarkets.
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5. RESULTS
A dedicated test campaign was carried out for experimental investigation of (i) stability of discharge
pressure control with two parallel multiejector blocks and (ii) energy performance of the system. 16
points were recorded, differentiated according to the emulated ambient conditions (it was assumed
constant temperature approach in gas cooler equal to 3 K).
Table 2 presents an overview of the expansion duty distributed among various cartridges. It can be
observed that fixing certain opening in the HERE block for AC generation does not reduce the ability
of the LERE controller to maintain the requested discharge pressure, taken from the optimum energy
performance curve. Average relative opening time less than 100% means that the ejector cartridge
was actively adjusting the overall opening of the expansion nozzles in the block, being shut and open
according to the steering signal sent by the discharge pressure controller. Thus, steady state test
periods were in practice emulated with quasi-steady-state operation with discharge pressure
fluctuating within certain narrow dead band (2 bar).
Table 3 shows basic parameters of the system in response to growing gas cooler outlet temperature.
The most significant change one can observe is in the discharge temperature of the MT compressor,
rising along with the ambient conditions, and reaching values close to not recommended by the
compressor manufacturers due to the danger of thermal degradation of lubricant. At the same time,
the energy performance, represented by PIR, reveals weak correlation to ambient conditions,
showing even certain optimum around 37-39 °C.
Since the use of PIR has not been widespread so far, it is hard to find data for cross-checking
whether the recorded values represent an up-to-date energy performance. Thus, own experimental
data gathered in the course of the Super-Smart Rack project were utilized for comparison (Figure
5). For details on test rig and other experimental results on integrated R744 packs recorded during
Super-Smart Rack see: Pardiñas et al. (2018b).
Table 2. Relative opening time of individual ejector cartridges for parallel operation of the HERE and
LERE multiejector blocks

No. Emulated
ambient
temp.,
°C
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

32.8
34.7
35.0
34.5
36.9
36.9
36.8
38.9
38.8
39.1
41.2
40.8
41.1
43.2
43.1
43.1

Gas
cooler
outlet
temp.,
°C
35.8
37.7
38.0
37.5
39.9
39.9
39.8
41.9
41.8
42.1
44.2
43.8
44.1
46.2
46.1
46.1

Discharge
pressure,
bar
86.4
91.7
88.4
92.1
96.9
93.4
97.1
101.2
100.7
101.7
106.3
104.9
105.8
109.9
109.3
109.7

Average relative
opening time
(auto mode for LERE)
EJ1 EJ2 EJ3 EJ4

Average relative opening time
(manual mode for HERE)
EJ1

EJ2

EJ3

EJ4

41%
47%
24%
92%
44%
35%
46%
18%
59%
26%
1%
95%
12%
42%
84%
68%

100%
100%
0%
100%
100%
100%
100%
100%
100%
100%
100%
100%
100%
100%
100%
100%

0%
100%
100%
0%
100%
100%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%

0%
100%
100%
0%
100%
100%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%

100%
0%
0%
100%
0%
0%
100%
100%
100%
100%
100%
100%
100%
100%
100%
100%

12%
44%
25%
6%
56%
17%
54%
82%
0%
74%
99%
1%
88%
58%
1%
32%

0%
0%
2%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%

0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
0%
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Table 3. Power Input Ratio of the system as a function of rising ambient conditions. Assumed utility
temperatures: -18 °C for LT, +4 °C for MT, and +22 °C for AC

No.

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

Gas
Receiver
cooler pressure,
outlet
bar
temp.,
°C
35.8
45.8
37.7
43.0
38.0
46.7
37.5
44.2
39.9
43.3
39.9
45.5
39.8
44.3
41.9
43.2
41.8
44.1
42.1
44.4
44.2
43.4
43.8
44.2
44.1
44.4
46.2
43.7
46.1
44.2
46.1
44.4

MT
discharge
temp., °C

Evaporation temperature, °C
LT

MT

111.2
123.2
107.8
124.8
128.5
120.8
127.9
134.7
134.1
134.6
140.0
138.9
139.5
143.2
141.3
144.6

-29.9
-29.8
-28.4
-29.2
-29.4
-29.3
-26.8
-29.3
-29.0
-29.1
-29.2
-29.3
-30.8
-28.2
-29.2
-27.7

-6.7
-7.7
-5.9
-7.9
-8.0
-6.6
-7.8
-7.9
-7.8
-7.9
-8.0
-8.0
-7.8
-7.9
-7.9
-7.8

PIR

AC

Load
factor
𝑄̇𝑀𝑇 𝑄̇𝐴𝐶
𝑄̇𝐿𝑇 𝑄̇𝑀𝑇

7.7
4.1
7.9
5.8
3.8
6.2
5.5
4.2
4.2
5.3
4.0
4.1
5.0
4.0
3.9
4.6

2.8
12.7
3.1
4.6
5.0
3.7
4.4
5.2
5.1
4.8
5.4
5.2
5.2
5.8
4.7
4.8

6.23
6.38
5.88
5.43
5.34
5.94
5.42
5.78
5.30
5.53
6.01
5.42
5.74
6.38
5.84
5.84

2.4
1.6
1.3
1.9
1.5
1.5
1.9
2.0
1.4
2.0
2.1
1.7
2.0
2.2
2.0
2.2

6.30
6.10
5.90

PIR, -

5.70
5.50
5.30
5.10
4.90
4.70
4.50

34

36

38

40

42

44

46

48

Receiver pressure, bar
28 deg C, 35%

33 deg C, 35%

28 deg C, 75%

33 deg C, 75%

Figure 5. PIR for a reference transcritical R744 system investigated at SINTEF/NTNU laboratory
during the KPN project Super-Smart Rack. Different colours denote gas cooler outlet conditions,
while marker shape denotes load factor between AC and MT, according to the definition in Table 3.
Load factor between MT and LT equal to 5; superheat conditions in all the evaporators

Points plotted in Figure 5 allow for comprehensive interpreting the results gathered in Table 3. Firstly,
they confirm that the range of PIR values recorded during the INDEE-project test campaign does not
differ significantly from what was recorded at a reference test facility. Secondly, it has been confirmed
that PIR is practically not influenced by the ambient conditions. Finally, two important parameters
that might have impact on PIR were revealed, namely (i) load factor between AC and MT, and (ii)
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receiver pressure. Elevating the receiver pressure led to improvement in energy performance, at
least in the investigated range, i.e., up to 47 bar. On the other hand, rising values of the AC/MT load
factor deteriorate PIR. A possible explanation might be found in the fact that the AC load is burdened
with greater specific entropy generation related to heat transfer between the evaporating refrigerant
and the final utility. For example, the average temperature difference for data in Table 3 was equal
to 11 K, 11.6 K, and 17 K for the LT, MT, and AC loads, correspondingly.
Nevertheless, an interesting point of the analysis could be making the integrated R744 cycle even
more efficient, i.e., removing the main cycle inefficiencies. Apart from obvious features like using
high-efficiency compressors or applying flooded evaporators (especially for ejector-supported AC
evaporators where there is no danger of compressor flooding), an interesting aspect seems to be
proper balancing of the receiver pressure. Firstly, due to the double-stage expansion layout, the
intermediate pressure is one of the cycle degrees of freedom that should be optimized based on the
overall energy performance, independently of the system complexity. Receiver pressure should be
thus controlled according to the optimum-performance curve, like the discharge pressure. Secondly,
the location of that optimum will be highly influenced not only by ambient conditions but also by
actual performance of individual components like compressors and ejectors. For both compressors
and ejectors the energy (and flow) performance is highly dependent mainly on requested pressure
lift (or pressure ratio). For example, taking into consideration three quite similar test conditions
according to the values of gas cooler outlet temperature, namely points, 2, 3, and 4, one can see
that even small adjustments in the values of requested receiver pressure invoke non-negligible
changes in PIR. The same observation applies to another pair, points 14 and 15.
Table 4. Compressor pressure ration for LT, MT and AUX machines together with pressure lift for
HERE and LERE blocks

No.

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15
16

Gas cooler
outlet
temperature,
°C
35.8
37.7
38.0
37.5
39.9
39.9
39.8
41.9
41.8
42.1
44.2
43.8
44.1
46.2
46.1
46.1

Discharge
pressure,
bar

Receiver
pressure,
bar

86.4
91.7
88.4
92.1
96.9
93.4
97.1
101.2
100.7
101.7
106.3
104.9
105.8
109.9
109.3
109.7

45.8
43.0
46.7
44.2
43.3
45.5
44.3
43.2
44.1
44.4
43.4
44.2
44.4
43.7
44.2
44.4

Compressor
pressure ratio
LT
MT
AUX
1.94
1.88
1.97
1.76
1.84
1.95
1.79
1.90
1.82
1.88
1.88
1.81
1.86
1.87
1.82
1.70

3.01
3.31
3.01
3.33
3.52
3.25
3.51
3.67
3.64
3.68
3.86
3.81
3.82
3.98
3.96
3.95

1.87
2.11
1.87
2.07
2.22
2.03
2.17
2.32
2.26
2.27
2.43
2.35
2.36
2.49
2.45
2.45

Pressure
lift for
HERE,
bar
3.3
4.2
4.0
3.7
4.8
4.6
4.0
4.3
5.3
4.4
4.7
5.4
4.7
5.0
5.7
5.1

Pressure
lift for
LERE,
bar
13.1
15.3
14.4
14.7
16.3
14.6
16.7
16.2
16.5
17.5
17.0
17.4
17.3
17.3
17.5
17.8

PIR

6.23
6.38
5.88
5.43
5.34
5.94
5.42
5.78
5.30
5.53
6.01
5.42
5.74
6.38
5.84
5.84

6. CONCLUSIONS
An initial test campaign of integrated transcritical CO2 test facility designed to emulate typical working
conditions in Indian supermarkets was carried out where parallel configuration of multiejector blocks
was validated. The conducted experiments proved that parallel operation of HERE and LERE
multiejectors is feasible and discharge pressure can be effectively maintained, regardless of ambient
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conditions. Very high ambient temperature (above 43 °C) may though impose hazardous working
conditions for the MT compressor section, due to excessive discharge temperature (above 140 °C).
Recorded energy performance, expressed with the use of newly introduced parameter PIR, proved
to be within range typical for integrated R744 packs for supermarkets tested in European conditions.
Still, substantial energy performance improvements can be harvested thanks to certain simple
measures like controlling the intermediate pressure according to the optimum performance curve or
flooded evaporators.
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ABSTRACT
Thermal energy storage allows shifting of energy production from high-peak to off-peak hours. This
peak shaving could improve the system efficiency and reduce the energy consumption, components
sizing and costs. However, the improvement depends on the choice in storage material and
scenarios (full storage, load levelling, demand limiting). To assess the impact of these parameters
on the system, a model of the cooling district using secondary refrigeration was developed by
assembling component models: chiller, storage tank, circulation loop and users (heat exchanger).
This model is able to predict the system dynamic behavior (fluid temperature evolution in loop,
storage tank and heat exchangers), pumping power, energy consumption, investment and operation
costs. The comparison of different storage materials (MPG, ice slurry, CO2 hydrate slurry) and
storage scenarios was performed to identify configurations with the best performance.
Keywords: Secondary refrigeration, CO2 hydrate slurry, Ice slurry, COP, Energy efficiency.

1. INTRODUCTION
Exponential growth is expected in the refrigeration and air conditioning (RAC) sector in the following
decades (Isaac and van Vuuren, 2009) because of both the global warming and the increasing cold
demand in numerous sectors (HVAC in building, merchandise storage and distribution, data
centers…). However, a strong development of RAC industry (already responsible for 15% of the
consumed electricity (IIR, 2005) and 8% of the greenhouse gas (GHG) emissions (Cowan et al.,
2010)) needs emerging solutions to overcome environmental sustainability issues. These issues can
take two principal forms: direct impact due to refrigerant leakage and indirect impact related to
energy consumption.
Two solutions have been proposed: 1-replacement of HFC by natural fluids (carbon dioxide,
ammonia, hydrocarbon...) or alternative refrigerants (HFO blends…) and 2-processes that can limit
refrigerant charge. While new refrigerants may undergo the uncertainty of cost and availability,
secondary refrigeration is considered to be a promising alternative technology (Wang et al., 2010).
Based on the use of environment-friendly secondary fluids which role is to transport the cold from
the place of production (machine room) to places of use, secondary refrigeration allows the amount
of primary refrigerant to be limited and confined. Moreover, the cold can be transported by two-phase
secondary refrigerants (or slurries, composed of phase change material (PCM) particles in
suspension in a liquid phase (Youssef et al., 2013) to increase the fluid energy density. The choice
of secondary refrigerant can greatly impact the system design and performance. Indeed, each
refrigerant has its own properties (energy density, viscosity, working temperature…) which can
modify the tank volume, the pumping power and the chiller energy consumption. However, only few
studies were proposed to analyze the performance of different slurries (Guilpart et al., 2006, Pons
et al., 2018). A quantitative comparison between monophasic and diphasic refrigerants has not yet
been carried out.
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Secondary refrigerants (chilled water or slurries) can also be stored and used as reserves for
refrigeration process. These storage tanks as thermal energy storage (TES) devices can enhance
system design downsizing and energy demand management and thus improve the system’s energy
efficiency and flexibility (Hasnain, 1998). Secondary refrigeration coupling with TES device can thus
become a solution that could limit both direct and indirect impacts of cold systems. TES utilization
scenarios can be classified into 2 categories: “full storage” and “partial storage” (Hasnain, 1998).
The first scenario, “full storage”, consists in turning on the chiller during off-peak period (for example
nighttime) to charge the TES tank; during on-peak period (daytime), the chiller is turned off and the
cooling demand is totally assured by the TES device. This operation mode is also called “load
shifting” strategy: the chiller load is totally shifted to the TES device during on-peak period. In “partial
storage” scenario, the cooling power can simultaneously come from both the chiller and the TES
device during on-peak period while the TES tank is charged by the chiller during off-peak period.
Two strategies can be used: “load levelling”- the chiller runs at the same capacity (full capacity with
the best performance) through 24h of the day; and “demand limiting” - the chiller also runs all day
long but with reduced capacity during on-peak hours.
Refrigeration system with secondary loop, in particular, is a complex system composed of various
interacting heat process equipment (compressor, evaporator, condenser, storage tank, heat
exchanger…) which needs a systemic modelling approach. Modelling is a key tool for system design
and control. For the design of new systems, models can be helpful for choosing the appropriate
materials (type of secondary refrigerant/TES material), calculating the tank size, testing innovative
architectural configurations, etc. For existing systems, models can simulate various supervisory and
loop control strategies to improve the energy efficiency and support real time energy management
decisions. A simulation tool modelling a secondary refrigeration system with TES device has been
developed in previous work (Dufour et al., 2016) by integrating many modules: chiller, storage tank,
circulation loop and users. This tool can be used for 2 main applications: sizing a new system or
modelling the dynamic behavior of a given secondary loop.
The present study focuses on the impact of choice of materials and storage scenarios on a
secondary refrigeration system sizing and energy consumption. Three materials are considered:
MPG (monopropylene glycol), ice slurry and CO2 hydrate slurry. The comparison between MPG and
ice slurry will highlight the difference of performances between a monophasic and a diphasic
refrigerant, both work at negative temperature. Moreover, the comparison between CO2 hydrate
slurry and ice slurry of two different solid fractions shows the influence of working temperature and
solid fraction on the performance. Finally, the system sizing and energy consumption related to 3
storage scenarios: full storage, demand limiting and load leveling are also reported.

2. MATERIALS AND METHODS
The considered system (Fig. 1a) is composed of a chiller (cold production), a TES tank (storage
device), a circulation loop to transport the secondary refrigerant and 3 users connected in series.
Each user is simulated as a heat exchanger (fan convector unit) with a power demand of 100 kW.
The pricking fluid coming from the secondary loop into the heat exchanger is taken downstream of
the same heat exchanger and reinserted upstream (Figure 1b); this “treatment” allows stabilizing the
secondary fluid temperature in the loop. The distance between the storage tank and the users is 100
m while a distance of 20 m is considered between two users. The chiller generates cold energy
which can be stored by materials in the storage tank or be transferred directly to the users. The same
material is used for secondary refrigerant and thermal energy storage. The coupling between the
chiller and the tank determines the energy needed for cold production.
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Figure 1: 2nd refrigeration system with TES device (a) and scheme of pricking (b)

2.1. Secondary Refrigerant and Storage Materials
Three secondary refrigerants are investigated in this study. While monophasic secondary
refrigerants are used largely in industrial and commercial applications, diphasic secondary
refrigerants can offer many advantages such as high energy density and temperature stabilization
(due to the phase change process). Ice slurry (initially 30% mass fraction using ethyl alcohol EA as
solute) and MPG are considered for negative temperature applications (for example cold room). CO2
hydrate slurry (initially 15% mass fraction, positive phase change temperature) can be applied for
higher temperature. The choice of initial fractions of ice and hydrate slurry is made according to
expert recommendations. Moreover, other characteristics related to safety and practical problems
need to be considered: flammability, corrosiveness, material compatibility, stability… The
characteristics of many aqueous solutions were reported in Kauffeld et al. (2005). While MPG is only
slightly flammable, solution using EA is highly flammable. CO2 hydrate slurry is not flammable.
However, as CO2 hydrate slurry is formed and stored under pressure (up to 2.9 MPa for 15 % mass
fraction), the storage material needs to be selected with caution. MPG, ice slurry (with EA as solute)
and CO2 hydrate slurry are reported to be not corrosive. The stability of the slurry depends mainly
on two phenomena: the agglomeration of the crystals and the melting of crystals due to thermal
losses. The presence of additives, agitation and insulation can reinforce the slurry stability. More
details of these fluids can be found in literature and previous works (Weast et al., 1987, Guilpart et
al., 2006, Youssef et al., 2013, Delahaye et al., 2018). Their properties are reported in the Table 1.
Table 1. Storage materials

Ice slurry (with EA as
CO2 hydrate slurry
solute)
f(solute,xi,T) (Guilpart et
Density (kg/m3)
1000-1055
1000-1061
al., 2006)
f(solute,xi,T) (Guilpart et
Cp (kJ/kgK)
3.6-4.2
2.1-4.2
al., 2006)
Solid phase change
333.6
374
enthalpy (kJ/kg)
(Weast et al., 1987) (Kang et al., 2001)
Storage temperature
From -10°C to
From 0.1°C to
From -12°C to -7°C
range (°C)
-7°C
3.1°C
not flammable
(National_Center_f
slightly flammable
highly flammable
Flammability
(Kauffeld et al., 2005) (Kauffeld et al., 2005) or_Biotechnology_
Information)
Not corrosive
Not corrosive
Not corrosive
(Tanupabrungsun
Corrosiveness
(Kauffeld et al., 2005) (Kauffeld et al., 2005)
et al., 2012)
-

MPG
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2.2. Storage and User demand Scenarios
Three storage scenarios (Fig. 2a) are considered in the present study:
- full storage: the chiller runs during 6h at night (from 20h to 2h) to charge the TES tank, it is
stopped during daytime
- partial storage - demand limiting: the chiller runs during 6h at night with higher power than
during daytime.
- partial storage - load leveling: the chiller runs throughout the day with the same power.
These simplified scenarios allow testing three strategies of storage and chiller utilization. The first
and the second scenarios propose a more important chiller work during nighttime (lower ambient
temperature, higher chiller performance and lower electricity price) and using storage during daytime
(higher electricity price). The third scenario suggests maintaining the same power (chiller nominal
power) throughout the day as each chiller has a nominal regime at which it has the best performance.
Three different user demand scenarios are also taken into account (Fig. 2b): the value 1 corresponds
to the time when the refrigeration is requested. The demands are supposed to be off (level=0)
between 2 and 9h for the 3 users.

Figure 2: Scenarios of storage (a) and user demand (b)

2.3.

System Sizing

2.3.1. User sizing
The aim of the sizing is to ensure that all users received the required power (qch =100 kW). Thus the
heat exchanger’s surface (S) and the mass flow rate of the pricking (𝑚̇# ) are evaluated using this
value (Eq.1 and 2). The choice has been made to fix the temperature variation of the secondary
refrigerant through the heat exchanger ( ∆𝑇 = 𝑇#,()* − 𝑇#,,- ) at 5 K for MPG (regular value for
monophasic fluid). In the case of diphasic fluid the variation is set at 2 K because of the thermal
stability brought by latent heat.
𝑞/0 = 𝑚̇# 𝑐2,# (𝑇#,()* − 𝑇#,,- )

Eq. (1)

𝑞/0 = 𝛼 𝑆 ∆𝑇89

Eq. (2)

With ∆𝑇89 =

:;<=>,?@A B;C,?@A DB:;<=>,=E B;C,=E D
F-

G<=>,?@A HGC,?@A
G<=>,=E HGC,=E

For the sizing, a constant heat transfer coefficient α = 100 W/m2K is considered for all fluids.
2.3.2. Circulation loop sizing
In order to prevent too important pressure drops and stratified flow, the velocity is fixed at 1.2 m/s.
In the same manner as for the heat exchanger sizing, the temperature variation along the loop
(∆𝑇F((2 ) was fixed. This variation is set at 5 K for MPG and 2 K for diphasic fluid. Using the enthalpy
balances of fluids at the inlet and outlet of the heat exchangers, the flowrate of the circulation loop
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and the loop diameter are calculated using iteration process according to this criterion of temperature
variation.

Figure 2: Scheme of the circulation loop sizing

2.3.3. Tank sizing
The tank sizing is performed so that the energy demanded by all users is ensured during a
representative day (𝐸J*(KL ). Other parameters are the fluid maximum temperature 𝑇#,MNO (defined by
the sizing of the loop, cf. 2.3.2) and the fluid minimum temperature 𝑇#,M,- associated with the type of
secondary refrigerant.
𝑉*N-Q =

RSA?>T
0:;C,U<V DB0:;C,U=E D

Eq. (3)

2.4. Energy Consumption (Chiller and Pumping)
The electricity consumption of the chiller is calculated using the required cooling energy (obtained
from the user demand power qch and the user demand scenarios) and COP (coefficient of
performance). The latter can be estimated from the outdoor and the setpoint temperatures; these
temperatures decide the condenser and evaporator temperatures of the chiller.
𝑊̇/ = 𝐶𝑂𝑃 ∗ 𝑞/0

Eq. (4)

The pumping power can be evaluated as the product of the pressure drop and the volume flow rate:
𝑊̇2 = ∆𝑃 ∗ 𝑄]

Eq. (5)

The calculation of the pressure drop is reported in Dufour et al. (2016).
2.5. Economic Assessment
A preliminary analysis of the investment and operating costs was performed using the data listed in
the following table. A total costs analysis taking into account all investment (tank, piping, pump,
refrigerant…) and running costs (operation, maintenance, energy) will be the object of further studies.
Table 2. Investment and electricity cost (Vetterli and Benz, 2012, Yan et al., 2016)

-

Cost

Chiller

215 €/kW

Electricity - Regular hours

0.13

Electricity - Off peak hours

0.08

Electricity - Peak hours

0.25

3. RESULTS AND DISCUSSION
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3.1. Impact of the Choice of Secondary Refrigerant on System Sizing
The results of the system sizing and the energy consumptions (chiller and pump, full storage
scenario) for systems using MPG, ice slurry and CO2 hydrate slurry are presented in Table 3. It is to
be noted that these results were obtained with simplifying assumptions such as fixed temperature
variations (∆𝑇) of the secondary refrigerant through the heat exchanger and through the circulation
loop. A variation of (∆𝑇) will generate a variation of the secondary refrigerant flow rate and a variation
of the circulation loop diameter (fluid velocity is fixed at 1.2 m/s).
3.1.1. Comparison between MPG and ice slurry
The use of diphasic secondary refrigerant (ice slurry) allows reducing significantly the tank volume
(-49%), the diameter of the circulation loop (-21%), the loop flow rate (-38%) and the heat exchanger
surface (-51%) compared to a monophasic fluid (MPG). Because of a higher viscosity, a small
increase in energy consumption for pumping is observed for ice slurry (+2%). For systems using ice
slurry (storage temperature between -10 and -7°C), the chiller can work at higher evaporator
temperature than system with MPG (storage temperature between -12 and -7°C). Thus, the chiller
energy consumption is reduced of 13% for ice slurry. A smaller diameter and energy consumption
also lead to lower costs of circulation loop and daily electricity.
3.1.2. Comparison between ice slurry and CO2 hydrate slurry
The comparison between ice slurry (initially 30% mass fraction) and CO2 hydrate slurry (initially 15%
mass fraction) was also performed in Table 3. A greater tank volume is needed for the CO2 hydrate
slurry due to the gas returning after hydrate dissociation and a lower fraction. Because of a lower
energy density, CO2 hydrate slurry needs a larger circulation loop, a greater flow rate and heat
exchanger surface. However, the use of CO2 hydrate slurry which is formed at positive temperature
offers great advantage (-32%) related to the chiller energy consumption compared to ice slurry.
Table 3. System sizing and energy consumption

Tank volume (m3)
Diameter of circulation loop (m)
Loop flowrate (kg/s)
Surface of user heat exchanger (m2)
Daily pump energy consumption
(GJ)
Daily chiller energy consumption
(GJ)
Daily electricity cost (€)

MPG
640.9
0.122
14.14
7.79

Ice slurry
328.6
0.096
8.78
3.84

CO2 hydrate
slurry
633.1
0.110
11.40
5.94

0.279

0.285

0.278

8.30
184

7.26
161

4.87
108

3.2. Impact of the choice of storage scenario on system sizing
The choice of storage scenario can lead to different chiller and TES tank sizing. Table 4 presents
the result of the sizing obtained for full storage scenario and 2 partial storage scenarios: demand
limiting and load leveling. The secondary refrigerant is CO2 hydrate slurry. The 2 partial storage
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scenarios (the power demand during the daytime is shared by both the chiller and the TES device)
allow the reduction of the tank volume compared to the full storage (the power demand during the
daytime is assured only by the TES tank). Moreover, in order to charge completely the TES tank
during only 6h at night, higher chiller capacity is needed in the full storage case. Between the 2
partial storage scenarios, the load leveling presents a more important reduction of tank volume and
chiller capacity. However, the full storage scenario which takes more advantage of the nighttime
condition (lower outdoor temperature and higher COP) consumes less energy than the partial
storage scenarios.
Table 4. Tank and chiller sizing and energy consumption for different storage scenarios (system
using CO2 hydrate slurry)

-

Partial storage demand limiting

Tank volume (m3)

397.3

Partial
storageload leveling
175.4

Daytime chiller power sizing (kW)

75

176.3

0

Nighttime chiller power sizing (kW)
Daily chiller energy consumption
(GJ)

300

176.3

634.1

4.78

5.66

4.87

full storage
633.1

4. CONCLUSIONS
Secondary refrigeration system using TES device is a promising alternative technology to direct
refrigeration. The present study has investigated the impact of the choice of secondary refrigerant
and storage scenarios on the system sizing, cost and energy consumption. Diphasic refrigerants (ice
slurry and CO2 hydrate slurry) present important advantages compared to monophasic refrigerant
(MPG) in terms of system downsizing and reduction of energy consumption. 3 storage scenarios
(full storage, load leveling and demand limiting) are also considered. While lower energy
consumption can be obtained with full storage, partial storage (load leveling and demand limiting)
can reduce the required tank volume and chiller power.
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NOMENCLATURE

Estore
h

heat transfer coefficient (W/m2K)
heat capacity (J/kgK)
coefficient of performance
energy demanded by all users
during a representative day (J)
specific enthalpy (J/kg)

𝑚̇
MPG

mass flow rate (kg/s)
monopropylene glycol

𝛼
cp
COP

∆𝑃
𝑞/0
𝑄]

pressure drop (Pa)
users required power (kW)
volume flow rate (m3/s)

T
S
xi
𝑊̇/
𝑊̇2

temperature (K)
heat exchanger surface (m2)
initial fraction
chiller power (W)
pumping power (W)
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ABSTRACT
The increased use of renewable energy sources leads to a growing demand for storage systems. In
heating and cooling huge potential is seen in latent heat storages (LHS).
The innovation presented in this paper combines the advantages of a Variable-Refrigerant-Flow
system (VRF-System) with those of the LHS, operating at constant temperature level.
Loading and unloading of the LHS is realized by direct heat exchange with the refrigerant, which
eliminates temperature losses by an intermediate heat carrier loop. Here an innovative coupling of the
heat storage with two indoor units is described, with the aim of avoiding negative influence on the
operating temperatures of the cycle. During loading the LHS is cooled by evaporation of refrigerant in
parallel with the two indoor units, allowing for system operation at standard suction pressure. During
unloading the storage serves as a condenser, connected in series between the two indoor units.
Experimental investigations confirm the feasibility of the novel coupling concept.
Keywords: Thermal storage, Latent heat storage, Phase change material, PCM, Air conditioning,
VRF-System

1. INTRODUCTION
In the field of heating and cooling reversible heat pumps are widely used for an efficient and flexible
provision of thermal energy. Especially in combination with the use of renewable energies, which is a
worldwide concern, the mentioned attributes – efficiency and flexibility – ensure a steady growing
usage of this technology in the sector of residential and non-residential buildings. For further
improvement of these systems and to tap the full potential of the renewable energy sources storage
technologies are inevitable.
Besides battery and chemical storage systems, thermal storages are used for this purpose. But
storing thermal energy induces in any case a loss of temperature. This occurs because of the need of
a temperature difference to develop thermal energy fluxes during loading and unloading. As a
consequence a minimization of the temperature differences is worth striving for. Following this aspect,
huge potential is seen in latent heat storages (LHS) as they meet the characteristic of heat pumps.
LHS can serve as heat source or heat sink at an almost constant temperature level which meets the
nature of the evaporator and condenser in heat pump systems. This is seen as the stand out
characteristic of the LHS that results from the utilization of the phase change of the material selected.
Additionally, in air conditioning systems using direct heat exchange between air and the refrigerant an
additional heat carrier loop can be avoided.
Dincer and Rosen (2011) describe in detail the advantages and disadvantages of latent heat storage
starting from the requirements giving the thermodynamic, kinetic, chemical, technical and economic
criteria and ending up with several case studies.
The present paper gives a short overview of strategies to combine a LHS with air conditioning
systems with direct integration in the internal refrigeration cycle, focusing on associated
thermodynamic characteristics. This leads to a novel storage configuration allowing for a use of the
LHS in the refrigerant cycle with minimal influence on the operating temperatures. Thus a reduction of
energy losses is accomplished, as compared to conventional application of thermal storages.
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The concept shall be applied for a Variable-Refrigerant-Flow heating and cooling system (VRFSystem) which is driven by the electricity output of a PV generator. The core objective of the novel
concept is to keep the setting of the operating parameters of the air conditioning system unchanged.
This allows an operation of the system at design pressure lift of the compressor which sets the
efficiency of the system.
To verify the feasibility of the concept experimental investigations for the direct heat exchange
between refrigerant and LHS have been carried out. The used storage contains a paraffin wax as
phase change material (PCM). For the usage in latent heat storages PCM are available with melting
temperatures in a wide temperature range. Thus a good match with regard to the targeted application
can be found. In addition, PCM have a high energy density and are widely compatible to common
construction materials. As a consequence a very compact and cost-effective design is possible. To
meet the technological challenges utilizing a LHS, above all the low heat conductivity, Mehling and
Cabeza (2008) and Hauer et al. (2013) give an overview of different design concepts.

2. STATE OF THE ART
To take advantage of the phase change enthalpy for thermal storage systems several concepts have
been investigated. Especially ice storage systems which use water as phase change material are
widely known and developed up to commercial availability for the use in chilled water systems.
However, improvements of this technology and appropriate concepts are still researched. Tam et al.
(2018) present an economic comparison of a conventional split system with a packaged air
conditioning system combined with an ice storage for residential buildings. It is pointed out that the
optimal air conditioning and storage capacities are dependent on the combination of climate and
variable utility rates for a given geographic location. Besides that it is clarified that an increase of the
efficiency of the air conditioning system can significantly reduce the economic payback for both
systems. Thiem et al. (2016) present the results of a model-based predictive control strategy for cold
thermal energy storages using ice. This study also stresses one key characteristic of using an ice
storage: The heat pump system has to operate at lower temperature during the charging process
which requires more primary energy input. In addition to that several studies deal with the
investigation and modelling of the charging and discharging process (Erek et al., 2007; Zhu et al.,
2001).
In the field of LHS several investigations focus on the research of phase change materials with
different phase change temperatures aiming at a characterization and realistic modeling of the
process to optimize the design of the storages (Frazzica et al., 2017), (Fan et al., 2016), (Palomba et
al., 2017). In these studies a heat carrier fluid is used to charge and discharge the storage. Figure 1
puts emphasis on the additional temperature differences required for loading and unloading of an ice
storage in comparison to the operation without a storage. For an air conditioning system which shall
provide an outlet temperature
of the conditioned air flow a two-step heat exchange from the air
flow to the heat carrier fluid (
) and further to the evaporation temperature
of the refrigeration
cycle occurs. In total a driving temperature difference
has to be provided. Whereas when a
heat storage is used, in both loading and unloading of the storage two additional temperature
differences
and
have to be overcome. Consequently, to meet the desired air output
temperature
the application of the storage system implicates a significant decrease
of the
evaporation temperature ( ) compared to the design temperature
without LHS. To avoid these
additional temperature differences the loading and unloading by direct heat exchange with the
refrigerant without an intermediate heat carrier loop is an appropriate concept.
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Figure 1: Temperature differences using an ice storage system with an additional heat carrier loop:
Normal operation without storage (left), loading of the storage via decrease of the evaporating
temperature by
(middle), unloading of the storage (right)

Hai et al. (2006) developed an ice storage system to subcool the refrigerant in an air conditioning
system. Thus, the storage is loaded during night-time through direct evaporation of the refrigerant with
a decrease of the evaporation temperature. In unloading mode throughout the day the liquid
refrigerant leaving the condenser is subcooled by heat transfer to the storage, resulting in an increase
of refrigeration capacity while the refrigerant mass flow stays constant. Furthermore, a heat pump
system has been developed and has been introduce into the market in which the LHS is directly
loaded and unloaded by direct heat exchange with the refrigerant in order to improve the defrost
mode of the air-source heat pump (Daikin). By this means, inversion of the refrigeration cycle in
defrost mode is avoided, allowing for continuous operation of the heat pump and increased heating
comfort. Yet, the thermal energy is not stored for direct heating or cooling purposes with the target of
increased flexibility for the electric supply. In view of this objective, further investigations of the direct
integration of a LHS in the refrigerant cycle of an air conditioning system have been carried out by
Loistl et al. (2015) focusing on the evaluation of different concepts and potential energy savings by
modeling and characterization of the heat transfer processes and the potential of energy shifting.

3. NOVEL CONCEPT FOR THE INTEGRATION OF A LATENT HEAT STORAGE IN A
VAPOR COMPRESSION CYCLE
As discussed in the previous chapter the integration of a thermal storage in a heat pump system
generally leads to a negative influence on the system’s evaporation and condensing pressure and
temperature. The presented concept avoids this as the novel interconnection of the components
allows a system operation at the nominal temperature levels.
The novel concept comprises a LHS which is integrated in the refrigerant cycle of an air conditioning
system. The concept is presented with regard to a cooling application, while the concept is
analogously also suitable for a LHS on higher temperature level to store thermal energy for heating
purposes. The regarded storage consists of a serpentine tube heat exchanger which is inserted in a
cubic tank that is filled with a suitable PCM (e.g. paraffin wax). The air conditioning system with its
main components compressor, condenser, expansion valve and evaporator is supplemented by
integration of a LHS in the low pressure part of the cycle. The loading and unloading processes take
place through direct evaporation and direct condensation of refrigerant in the heat exchanger
embedded in the storage, respectively. The novel aspect of the proposed configuration is given by
separation of the evaporator component in two parts and by switching of the hydraulic interconnection
of the components: The loading process is realized in parallel connection of the two evaporator units
(EU) and the LHS which allows a loading of the storage at the nominal evaporation temperature. To
use the stored thermal energy with the provided temperature level of the storage, the unloading is
effected with serial flow of the refrigerant through the evaporator units and the LHS, providing almost
full capacity of the refrigeration system with substantially reduced operation of the compressor.
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3.1.

Loading of the Storage – Crystallisation of the PCM

During the loading mode, i.e. crystallization of the storage content, liquid refrigerant is supplied to the
two evaporator sections and the LHS in parallel. The three expansion valves are controlled in order to
ensure the desired superheating of the merged vapor flow entering the compressor. Figure 2 shows a
simplified scheme of the process. Figure 3 depicts the process in the log(p)-h diagram, illustrating the
common pressure level
of the three low-pressure components EU1, LHS, and EU2, allowing for
operation of the air conditioning system under design pressure setting. With respect to the given state
points the following steps take place:
1-2
Compression of the refrigerant vapor by the compressor
2-3
Condensation of the refrigerant with heat rejection to the environment in the condenser
unit
3-4
Expansion of the refrigerant through the three expansion valves (EXV) to evaporation
pressure
4-1
Evaporation of the refrigerant in parallel in both evaporator sections and in the LHS by
absorption of heat from the room and by heat extraction from the LHS, resulting in a
crystallization of the PCM.
Condenser
2
pressure

3

EXV
4

EU1

EXV
4

EXV
4
EU2

LHS
1

1

3

4

1

Figure 2: Loading the LHS in parallel
interconnection with two evaporation
units

𝑐( 𝑐)

𝑒( 𝑒)

2

1

enthalpy
Figure 3: The loading process of the storage in the
log(p)-h diagram

Based on the common pressure level, all three low-pressure components operate at identical
evaporation temperature. In order to accomplish the desired storage effect, a suitable PCM with
phase change temperature
above the evaporation level
together with an appropriate design
of the heat exchanger has to be selected. The temperature levels during the loading process are
shown in Figure 6 (left).
denotes the evaporation temperature in normal operation and
the
phase change temperature. The temperature difference
is the driving temperature difference for
loading the storage.
represents the temperature difference between the evaporating refrigerant
and the air in the evaporation unit operated in parallel to the storage.
3.2.

Unloading of the Storage – Melting of the PCM

Through the serial interconnection of the components in unloading mode an additional condensation
of the refrigerant occurs. This gives the opportunity to double the cooling output from a given
refrigerant flow by evaporating the refrigerant twice in one cycle: First the refrigerant evaporates on a
higher temperature level and after condensing in the storage it evaporates on the lower nominal
temperature level. Consequently, a reduced compressor speed is sufficient for providing the full
cooling capacity. Figure 4 shows the serial configuration of the low-pressure components EU1 – LHS
– EU2 in a simplified scheme. With regard to Figure 5 the process can be followed in the log(p)-h
diagram. The following steps take place:
1-2
Compression of the refrigerant vapor through the compressor.
2-3
Condensation of the refrigerant with heat rejection to the environment in the condenser
unit.
3-4
Expansion of the refrigerant through the expansion valve (EXV) to evaporation pressure
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of EU1.
Evaporation of the refrigerant with heat absorption from the room in EU1.
Condensation of the refrigerant with heat rejection into the LHS on the same pressure
level
), assuming that no pressure drops occur within the internal cycle.
Control of the refrigerant flow rate, avoiding retention of liquid refrigerant in the LHS.
Evaporation of the refrigerant with heat absorption from the room in EU2 at evaporation
temperature
that is equal to the evaporation temperature
during the loading
process.

4-5
6-7
7-8
8-1

Condenser

pressure

2

3

3

𝑐

EXV
4
EU1

7

EXV
(open)

EXV
8
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enthalpy

Figure 4: Unloading of the storage in a
serial interconnection in the order EU1 LHS – EU2

Figure 5: The Unloading process of the storage in
the log(p)-h diagram

Using this interconnection the unloading of the storage takes place within the original pressure and
temperature levels of the system (
, cf. Figure 3). With regard to Figure 5 the phase change
temperature of the PCM (TPCM) lies between the upper and lower evaporation level:
. This defines the material selection of the PCM.
Figure 6 (right) shows the temperature levels during the unloading process. In this case
and
are determinative for the heat exchange between the air and the corresponding evaporation
temperatures
and
.
describes the temperature difference allowing the condensation of the
refrigerant at the temperature
against the PCM with the temperature
The process
leads to different air outlet temperatures at the evaporator units resulting in an average outlet air
temperature
, assuming an equal air volume flow through both evaporating units.

𝐷
𝐴

𝐴
𝐵

𝐶

𝑒1

=

𝑃𝐶𝑀
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Figure 6: Temperature differences during the loading process (evaporation of the refrigerant in the LHS,
left) and during the unloading process (condensing of the refrigerant in the LHS, right)

For the given conceptual description it has been assumed that the driving temperature differences are
represented by the logarithmic mean values obtained from the inlet and outlet temperature of the air
flow and the respective equilibrium temperature of the refrigerant, e.g. for the evaporator units EU1
and EU2 during the loading process of the LHS:
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(

)
(

(

)

Eq. (1)

)

Furthermore the thermal capacity is given in equation 2.
̇

𝐴

Eq. (2)

For the realization of the concept a minimization of the temperature differences is necessary. As a
consequence the components have to be designed carefully to the application. Following Eq. (2), for
instance, a thermal capacity of 3 kW which is equal to a common performance of an indoor unit an
average UA value of 1 kW/K has to be accomplished in order to limit the driving temperature
difference to 3 K. The design of the heat exchanger with appropriate measures to overcome the low
conductivity of the PCM material has to be precisely defined.
The described concept allows an operation of the heat pump system at design pressure lift of the
compressor as no decrease of the evaporation temperature
, even during the loading of the LHS,
occurs. Yet, as a consequence of the temperature differences
and
the outlet temperature
(
) of the air flow passing through EU1 is increased in comparison to the nominal operation of
the system. Hereby
describes the log mean temperature difference between the evaporation at
and the air inlet and air outlet temperature. In this heat exchanger section no superheat of the
refrigerant is required, because after evaporation the refrigerant is lead through the storage at the
same pressure level, which leads to a condensation of the refrigerant at
. As there is only a
small driving temperature difference
there will be only marginal subcooling of the refrigerant in the
storage. The following pressure decrease can be realized by an expansion valve working with low
pressure difference or a liquid receiver withholding the liquid refrigerant to provide a separation of
pressure. The subsequent evaporation unit EU2 operates at the design suction pressure level
provided by the compressor. To guarantee stable cycle operation by sufficient superheating of the
refrigerant, the refrigerant flow through the entire EU1-LHS-EU2 configuration has to be controlled
accordingly.
3.3.

Laboratory Investigations

In the experiments the two principals of the novel concept for loading and unloading the storage are
investigated. The main focus lies on the capacity of the storage working with small temperature
differences and the dynamic behavior of the LHS. The used test rig for this purpose has been
designed to investigate different modes of operation of latent heat storages in a refrigerant cycle
operating with the refrigerant R410a. A detailed description of the setup is given by Loistl et al. (2016).
The LHS consists of a serpentine tube heat exchanger which is inserted in a paraffin-filled cubic tank
with transparent walls and a stable framework. The copper tube has a length of 20 m with a tube
diameter of 0.015 m and a tube spacing of 0.05 m. The chosen paraffin is RT28HC with a melting
temperature range of 27-29 °C and a latent heat of 200 kJ/kg. The heat conductivity of the pure
material is 0.2 W/(m K). To overcome the low thermal conductivity of the PCM aluminum lamellas are
integrated in the heat exchanger. The storage is equipped with 6 temperature sensors in the paraffin
and 12 sensors in direct contact to the tubes along the heat exchanger.
Two experiments have been carried out to assess the available thermal capacity at small temperature
differences: Firstly, direct evaporation of the refrigerant in the heat exchanger of the storage has been
realized. Figure 7 and Figure 8 represent the results of the crystallization experiment. The test has
been conducted in a heat pipe configuration, with integration of the storage and a water cooled
condenser in a closed loop. The condenser is situated above the LHS. When the condenser is cooled
by cooling water, a natural refrigerant circulation is established, in which the storage works as an
evaporator with a small temperature difference to the phase change temperature. Secondly,
condensation of the refrigerant in the storage is investigated (Figure 9 and Figure 10). To meet the
characteristic of the novel concept, saturated vapor has been supplied to the inlet of the LHS. For this
purpose the storage has been connected in series to a water cooled condenser in which the
refrigerant vapor provided by the compressor has been de-superheated before entering the LHS.
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evaporation and PCM temperature (primary ordinate)
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Figure 7 clarifies that a temperature difference of 3 K between evaporation and PCM is sufficient for a
mean thermal capacity of the storage of about 700 W. With respect to Figure 6 this indicates that the
loading of the storage with a small
is feasible. Figure 8 states that the course of the UA value
follows the capacity trend starting from around 400 W/K at constant operation at the beginning and
declining down to 50 W/K after 2:30 h. The decrease of the thermal capacity is a result of the increase
of the thermal resistance of the PCM when crystallized PCM builds up on the surface of the heat
transfer fins. Consequently, the mass flow of the natural refrigerant circulation is decreased, reaching
a standstill when the phase change is completed. In contrast to that Figure 9 shows only a slight
decrease of the thermal capacity of the LHS with an average capacity of about 1500 W until the
phase change is completed after 2:20 h. This rather stable behavior is attributed to the effect of
convection, which supports heat transfer when the liquid layer between heat exchanger surface and
PCM grows during the unloading of the storage. Again, the temperature difference between
condensation and PCM – which is represented by
in Figure 6 – amounts to 3-4 K. Accordingly,
the UA value has a slightly decreasing trend starting with a value of about 690 W/K ending up with
330 W/K after 2:20 h.
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4. CONCLUSIONS
A novel concept for the integration of a latent heat storage in the refrigerant cylce of a heat pump
system is presented. The key feature is a novel flexible interconnection of the components: The
loading process is realized in a parallel configuratoin of two evaporator units and the LHS, while
during unloading the system is switched to a serial interconnection of the LHS with the two evaporator
units. This concept allows for utilization of a heat storage in heat pump systems without negative
influence on the pressure lift and COP. For the implementation of the concept small temperature
differences for the heat transfer between the refrigerant and the LHS are required, as analyzed in the
present work. Experimental investigations prove the feasibility of the concept by showing that a
sufficient thermal capacity can be achieved at temperature differences of 3-4 K between the phase
change temperature and the evaporation and condensation level, respectively. Further investigations
in a pilot plant shall be conducted with regard to the control of the air conditioning system with
integrated latent heat storage.
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ABSTRACT
This paper aims to illustrate the problem of summer overheating of rooms in specific
locations with large windows in new well insulated buildings in moderate climates. Such
problems did not exist in older buildings characterized by relatively high heat transfer through
the building envelope. Solar energy gains can influence the thermal comfort of rooms with
large windows significantly, causing high cooling energy demand even in moderate climates.
A mathematical model of the energy balance of a building has been elaborated with the focus
being on heat transfer through windows and solar energy passing through them. The results
show that if the glazed surface of the west and south façade of a building is large, then the
summer cooling demand can be twice the winter space heating demand. This is a new
challenge for the energy supply and thermal comfort systems of new buildings.
Keywords: Energy Balance, Space Heating/Cooling Demand, Solar Energy, Building
Overheating.

1. INTRODUCTION
Nowadays, buildings in Europe are constructed in accordance with existing standards.
Specific regulations based on these standards formulate technical requirements for buildings
and their location. At present, EU laws foster implementation of energy efficiency in buildings
according to recommendations given by the Directive of the European Parliament and of the
Council on the energy performance of buildings (Directive 2010/31/EU). The Directive
entered into force in 2010. It obliges Member States to carry out analyses related to
determining the energy characteristics of buildings. According to Article 9 of the Directive,
from the year 2021 all new buildings will have to be nearly zero-energy buildings, and in the
case of public utility buildings the rule has already come into force at the beginning of this
year - 2019. It is good to notice that in Europe, adopting rules of nearly zero-energy
construction technology is no longer just a concept for implementing general energy
conservation principles and minimizing environmental footprint, but also a legal necessity.
The EU boundary indices for final and primary energy consumption define limits for energy
consumption for buildings depending on their typology. These indices are different in different
EU countries depending on climate and energy mix in those countries. Thanks to welldesigned envelopes and structures, nowadays buildings can considerably decrease their
energy needs. Moreover, thanks to implementing highly efficient and reliable equipment and
energy installations, the final energy demand also drops considerably. When renewable
energy sources are utilized substituting coal, oil and gas then the primary energy
consumption based on fossil fuels is reduced a lot.
At this point it is necessary to mention the specific situation of countries in a moderate
climate. For many years high energy consumption in buildings in countries of such a climate
was caused by high heat losses through buildings’ envelopes. The space heating demand
used to be the highest demand component of energy consumption in buildings and was
responsible
for
about
70%
of
the
total
energy
needs
of
buildings
(https://ec.europa.eu/energy/, 2018). Therefore it is not surprising that recently the measures
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focused on reduction of energy consumption in buildings have been put mainly on
decreasing the space heating loads. For example in Poland from the year 2021, according to
existing regulations (Rozporządzenie, 2013), the indices of primary energy consumption for
space heating and domestic hot water of all newly constructed residential buildings, called
nearly zero energy buildings, cannot exceed 70 kWh∙m-2a-1 or 65 kWh∙m-2a-1 for single family
houses or multi-family apartment buildings, respectively. In addition the heat transfer
coefficients for external walls must not be higher than 0.2 W∙m-2 K-1. As a result external walls
have thick insulation of high thermal quality (in the 70s the recommended thickness of
thermal insulation was 6-8 cm, at present it is 20 - 25 cm) (Rozporządzenie, 2013). What is
more, the heat transfer coefficients for windows should soon not be larger than 0.9 W∙m-2 K1
and now they cannot be higher than 1.3 W/(m2K) (in the 70s it was 3.2 W∙m-2 K-1). It must be
noticed that there are no limits for cooling energy consumption in residential buildings. It is
arbitrary assumed, that residential buildings in Poland as in other countries of moderate
climate do not require cooling. However, supplying cooling energy to residential buildings is
sometimes necessary to keep the thermal comfort at the required level. Summer cooling
demand can be seen especially for south and west facing rooms with large windows. It turns
out that cooling demand becomes a challenging issue for new buildings in moderate
climates.
In old buildings the influence of solar radiation on the energy balance of a building was
neglected in moderate climates. Heat gained due to solar radiation passing through glazing
and absorbed inside rooms was quickly lost, because of poor thermal quality of buildings’
envelopes. Nowadays, when buildings are very well insulated, very air-tight and solar energy
absorbed by the internal elements of the interior of the building and converted into heat stays
in the building; dictated by the basic rule limiting heat losses of a building as much as
possible. It turns out that in Poland as in other countries in a moderate climate southern and
western facing rooms are exposed to especially high solar irradiation. Solar energy gains can
influence the thermal comfort of rooms with large windows significantly, causing high cooling
energy demand even in moderate climates. To present how this problem can be significant
for some room locations simulation studies of the energy balance of a building for Polish
climatic conditions have been developed. First a mathematical model of the energy balance
of air in a building has been formulated.
2. MODELLING ENERGY BALANCE OF A BUILDING
External walls constitute the majority of a building envelope. In residential buildings they are
constructed with bricks, concrete or other solid construction materials and insulation layers.
Nowadays, thermal and physical parameters of external walls are selected to assure very
small heat flow through them. This heat flow in a well-designed building can be less than
10% of total heat exchanged through the envelope of the building and ventilation with outside
environment during the whole year, even in a moderate climate. Glazing and ventilation
become the most important elements for the energy balance of a building and they determine
the energy exchanged with the surrounds. The energy flow through glazing includes energy
transferred by solar radiation, which enters the interior of the building directly (as short wave
electromagnetic radiation) and heat transfer caused by the temperature gradient between
inside and outside.
The energy balance of air in a building can be written in a general form with lumped
parameters, i.e.:

Vc p ρ

dTin
= ∑ Q! in (t ) − ∑ Q! out (t ) ± ∑ Q! ven (t ) + ∑ Q! qv (t )
dt

Eq. (1)

The energy balance takes into account energy fluxes coming out or into the room/building, or
heat sources existing in a building. During daytime solar energy always as an energy gain
flowing into the building. Heat transferred through external walls, windows, roof, ground and
ventilation may be directed outwards - heat losses, or inwards - heat gains. The heat transfer
direction depends on ambient air temperature, interior air temperature and heat capacity of
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the building. Usually there are also internal heat sources, e.g. people, electric equipment,
lighting, etc. Thus, taking into account heat losses through the envelope and ventilation, and
heat gains because of internal heat sources and solar energy gains, the energy balance
Eq.(1) now can be written as follows:

Vcρ

dTin
= ∑ Q! walls (t ) + ∑ Q! win (t ) +∑ Q! roof (t ) + ∑ Q! gt (t ) −∑ Q! sol (t ) − ∑ Q! qv (t )
dt

Eq. (2)

Applying the general form of Eq. (2) with lumped parameters the individual energy flows may
be mathematically formulated separately in more or less complex ways, depending on the
aim of calculations. These energy flows can be also calculated separately with different
accuracies. Assuming the temperature Tin of air inside a building to be the same in all the
space (all rooms) and constant in time, the left side of Eq. (2) is equal to zero. This means
that a heating/cooling system’s operation follows variable ambient conditions to maintain
constant indoor air temperature. The heating demand can be now determined using the
general form of the energy balance given by Eq. (2), as:

∑

Q! h (t ) = ∑ Q! j , wall (t ) + ∑ Q! i , win (t ) + Q! ven (t ) - ∑ Q! i , sol (t ) − ∑ Q! n , qv (t )
j

i

i

Eq. (3)

n

When there are only heat gains (heat flows into a building), the energy balance equation
takes the form for determination of the cooling demand:

∑

Q! c (t ) = ∑ Q! j , wall (t ) + ∑ Q! i , win (t ) + Q! ven (t ) + ∑ Q! sol (t ) + ∑ Q! n , qv (t )
j

i

i

Eq. (4)

n

Of course, other forms of equations of heating and cooling demand are also possible. For
example due to the high thermal capacity of external walls heat can flow into a building, but
because of the temperature gradient and low thermal capacity of windows the direction of the
heat flow through windows can be opposite and there are heat losses through windows.
In the study presented in the paper the heat transfer through external walls, roof, floor (on the
ground) has been considered as unsteady heat conduction through solid bodies. For every
opaque partition assumed to consist of a few isotropic, homogeneous layers, the
temperature field has been described by the partial differential equation (Fourier - Kirchhoff's
equation). The model developed includes boundary conditions with fully detailed equations
describing the radiation exchange between the ground, the sky and window, and wall, solar
radiation absorption, transmission or reflection on all surfaces, and the effects of orientation
and inclination on them.
Heating/cooling energy needed for ventilation has been calculated in a simplified way taking
into account the averaged standardized volumetric flow of the ventilated air (exchanged in a
given room in a quantity depending on the function of the room).
The mathematical model developed for this research study has been elaborated with the
focus being on heat transfer through windows and solar energy passing through them. The
heat flow through a window depends on air temperature gradient between inside and outside
of the building and the thermal resistance of the window structure. Solar energy flow
depends on irradiance, variable over time and position of the exposed surface of the glazing
or other building’s element. The optical behaviour of glazing has been taken into account to
determine the solar flux coming directly into the room at a rate depending on the
transmissivity of the glass pane system and effective absorptivity of the room cavity. Solar
radiation incident on glazing and other elements of the building envelope have been
determined using the anisotropic solar radiation HDKR model (Reindl, Beckman and Duffie,
1990). The ambient thermal state changes in time and it is described by variations of ambient
air temperature and direct and diffuse solar radiation. A ‘representative averaged’ ambient
temperature and solar radiation regime (taken as that of Warsaw) has been elaborated
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(Chwieduk and Bogdańska, 2004).
Details of mathematical model of energy balance of a building and methods of describing all
energy fluxes coming out or into a building have been described in the literature (Chwieduk,
2014).
Based on the mathematical model developed a numerical model of the energy balance of a
building has been developed for numerical simulations using MATLAB. Numerical
simulations of the dynamics of a building in changing climatic conditions throughout the year
(for averaged ambient conditions for Warsaw with a time step of an hour) have been used to
calculate the components of the energy balance of the building described by the general
Eq.(2), or specific forms e.g. as Eqs. (3) or (4). Calculations have been performed for
different examples of room locations and construction of envelope elements of the
hypothetical building.
3. SOME RESULTS OF SIMULATION STUDIES OF ENERGY BALANCE OF A BUILDING
As has been mentioned, simulations studies have been performed to calculate all
components of the energy balance of the hypothetical building. Some results of simulation
studies are presented in this paper to show the evident impact of solar radiation on the
energy balance of some rooms’ locations. The rooms under consideration have 16 m2 of floor
area, 3m height, 1 window of 2 x 2 m2 of total surface. The external wall is constituted of 3
layers with total heat transfer coefficient U equal to 0.2 W∙m-2 K-1. The window is a compact
type, double glazed with low emissivity coating and wooden frame, U is equal to 1.3 W∙m-2 K1
. Because of the assumed and elaborated solar radiation representative model, 12
averaged days (one for each month) have been simulated (with different time steps for
different elements of building envelope), each day being repeated enough times to ensure a
steady solution.
As has been mentioned only some results of the simulation studies of the dynamics of the
building are presented in the paper. Fig. 1 presents daily distribution of solar radiation
transmitted directly through the window into the south room for every hour of averaged days
of four summer months (June – September) of the averaged year for Warsaw climatic
conditions.
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Figure 1: Distribution of solar radiation transmitted directly through the south window into the
room for every hour of averaged day of four summer months of the averaged year for the
Warsaw climate
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Fig. 2 presents daily distribution (hour by hour) of total energy demand of the room for the
considered averaged days of the four summer months. The positive values of energy
demand indicate the necessity for supplying cooling energy to rooms, and negative values
imply heating demands. It is evident that the curve of daily distribution of cooling demand
during the day time correspond directly to the distribution of daily solar irradiation, which
passes through the glazing of the room. When solar irradiance is small then the influence of
solar energy on the energy balance is also small, and then the influence of temperature
difference between outside and inside can be seen more easily. During nights the small need
for heating energy can be seen, but the values are so small that of course the heating load
can be neglected.
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Figure 2: Daily distribution (hour by hour) of total energy demand of the south facing room
under consideration for four summer months of the averaged year for Warsaw climate

Table 1 is presented to describe more cases of rooms with large glazing areas, showing the
necessity of supplying cooling energy in summer. Table 1 shows results of calculations of
annual heating/cooling loads and heating/cooling load indices for rooms of different aspect:
south, east, west, east and north-facing, located at regular floors of a building and in an attic,
and for the whole apartments consisting of all the considered rooms. The attic rooms have
been taken into consideration, because nowadays attic apartments are fashionable in big
cities. Building developers want to sell every square meter of a high-rise building, because
the land in the city is expensive. So attics are sold as living area spaces, even if in the past
nobody used to live in such space, because of extreme weather conditions, which can occur
in both summer and winter. Table 1 presents also the energy losses/gains through the
windows. These energy flows are crucial to understand why the cooling demand of some
room cases is so large. It is necessary to recall that the calculations have been made with a
one hour time step for averaged days of every month of the averaged year. It is also good to
mention that because the average data of climatic conditions have been used they do not
fully present the extreme summer conditions of ambient air temperature and solar irradiance,
which can happen in moderate climate and can give more extreme picture of possible
summer overheating of rooms.
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Table 1. Annual heating/cooling loads and load indices for rooms of different aspect and for
whole apartments with component of energy losses/gains through windows

Attic rooms

South

East

West

North

Apartment

Heating demand
(MJ∙year-1)
Cooling demand
(MJ∙year-1)
Energy losses through
window
(MJ∙year-1)
Energy gains through
window
(MJ∙year-1)
Heating load indices
(kWh∙m-2a-1)
Cooling load indices
(kWh∙m-2a-1)
Regular rooms

2008.8

3019.4

2681.3

3643.0

6481.8

4503.9

5327.0

2790.9

1202.1

1898.8

1662.15

2504.0

6961.8

4730.7

5629.7

3051.2

34.78

52.42

46.55

46,55

112.5

77.5

92.5

47.5

South

East

West

North

Heating demand
(MJ∙year-1)
Cooling demand
(MJ∙year-1)
Energy losses through
window
(MJ∙year-1)
Energy gains through
window
(MJ∙year-1)
Heating load indices
(kWh∙m-2a-1)
Cooling load indices
(kWh∙m-2a-1)

1884.2

3122.5

2802.8

3573.5

4078.1

2944.7

3729.3

1568.0

1085.6

2011.8

1696.3

2365.7

4593.1

3186.5

3954.7

1749.5

32.71

54.21

48.66

62,. 4

13483.8
49.41

70.80

51.12

64.74

27.22

37.29

11352.5
19103.6
7267.1
20373.4
49.27
82.91
Apartment
11383
8590,8
7159.4

The graphical interpretation of heating and cooling load indices given in Table 1 is also
presented in graphical form in Fig. 3.
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Figure 3. Annual heating/cooling load indices for rooms of different location and for whole
apartments

Analysing Table 1 and Fig. 3 it is evident that heating demands for attic apartments and
regular apartments are very similar. For regular rooms the heating demand is even slightly
higher. However, cooling demands for attic apartments are much higher, i.e. 2.2 times more
than for regular apartments. Such a situation is caused by very high energy gains resulting
from too much solar radiation passing through the large roof windows, comparing vertical
windows of the same size and the same optical and thermal parameters in summer.
At the beginning of the paper it was mentioned that according to Polish regulations the
indices of primary energy consumption for heating (space and DHW) since the year 2021 for
single family houses should not be higher than 70 kWh∙m-2a-1 and for multifamily buildings
than 65 kWh∙m-2a-1. According to the simulation studies performed it turns out that for the
hypothetical building the indices for heating demand for attic rooms are at level of - 34.78
kWh∙m-2a-1 - south, 52.42 kWh∙m-2a-1 – east, 46.55 kWh∙m-2a-1 – west, 46.55 kWh∙m-2a-1 –
north and for the whole apartment – 49.27 kWh∙m-2a-1. For regular rooms the indices are
slightly higher as can be seen in Fig. 3. Of course the final energy consumption depends on
the type of space heating system and its effectiveness. The indices of final energy
consumption are usually higher, apart from the application of a heat pump (because the COP
– coefficient of performance is taken into account as effectiveness of the device). Primary
energy consumption depends on the type of energy source (fuel) used. It seems that for
some type of heating systems and energy sources the required limits for primary energy
indices can be fulfilled. However, a problem occurs in a case of the cooling energy needed to
be supplied to keep the required thermal comfort. It turns out that cooling needs for attic
rooms are quite large, i.e. for the south - 112.5 kWh∙m-2a-1, west – 92.5 kWh∙m-2a-1, east –
77.5 kWh∙m-2a-1. Only for the north room they are evidently smaller - 47,5 kWh/(m2year). For
the whole apartment the cooling load indices are at level of 82.91 kWh∙m-2a-1. Final and
primary energy consumption is usually higher. If HVAC is supplied by electrically driven
devices based on fossil fuels then the primary energy consumption is especially high. Taking
into account an obligatory value of the conversion coefficient for electricity based on coal
(equal to 3) the primary energy consumption index for the considered hypothetical attic
apartment will be at very high level of about 250 kWh∙m-2a-1. Unfortunately, some can say
that such a situation is not a problem, because there are no official regulations and limits for
energy consumption for cooling energy consumption in residential buildings in moderate
climates.
4. CONCLUSSIONS
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The simulation results show that overheating in summer due to the high solar irradiation can
be a real problem for the design of some buildings even in moderate climates. To solve the
problem it is necessary to use external shading devices. However, in a case of roof windows
shading means usually utilization of external blinds, which block the whole spectrum of solar
radiation including the visible light. Usually inhabitants do not like limitation of the daylighting
availability. Perhaps windows changing their optical parameters with respect to the level of
the solar irradiance (like electro-chromatic windows) would be a much better solution.
If summer cooling is necessary then perhaps the best solution is to use solar cooling
systems, like traditional compressor cooling devises driven by PV panels, as has become
quite fashionable nowadays (Chwieduk and Szelągowski, 2018). Another option could be the
application of solar thermal cooling systems. Solar cooling (PV or thermal) technologies also
have the advantage of using surplus renewable energy when there would otherwise be no
use for it, improving the overall system economics.
NOMENCLATURE
c
Qc
Qh
Qin
Qout
Qqv
Qroof
Qgr
Qsol
Qven
Qwall
Qwin
T
t
V
ρ

specific heat (kJ kg-1 K-1)
cooling energy flux supplied by the space cooling system (kW)
heating energy flux supplied by the space heating system (kW)
energy flux coming into a building (kW)
energy flux coming out of a building (kW)
internal heat gains (kW)
heat flux transferred through a roof (kW)
heat flux transferred through a floor on the ground or basement (kW)
solar energy flux transmitted through windows into a building (kW)
heating/cooling energy flux needed for ventilation (kW)
heat flux transferred through walls (kW)
heat flux transferred through windows (kW)
temperature (K)
time (s)
volume (m3)
density (kg m-3)
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ABSTRACT
The number of renewable power plants has recently been increasing; hence, it is essential to
maintain a balance between the supply and demand of electric power. We employ the technique of
demand response (DR) through the manipulation of air conditioners. In summer, the electric demand
for air conditioning consumes the majority of the available total electric power; therefore, regulating
this demand compliments the requirements of peak-cut and load leveling. However, the manipulation
of air conditioning impacts the user comfort and the stability of the machine. Moreover, the energy
consumption of air-conditioners is uncertain owing to the operation conditions. Consequently, it is
difficult to estimate the performance of the DR method. In this study, we focus on the variable
refrigerant flow system, which is a popular air-conditioning system in Japan. We evaluate the
performance of the demand response method using a simulation analysis and ensure that the
amount of DR to regulate the air-conditioner is controlled quantitatively.
Keywords: Demand Response, Control, Cycle, Expansion Valve, Variable Volume.

1. INTRODUCTION
When the capacity of the electric supply in Japan declined immediately following the Great East
Japan Earthquake, certain parts of the Kanto region were subjected to rolling blackouts. Because
some electric power plants had stopped functioning, the electric power supply had to be regulated
properly owing to the electric power demand. Several Japanese citizens were required to conserve
electricity; improving efficiency came at the cost of their comfort in many cases. Recently, some
nuclear power plants have begun to function again and the number of renewable power plants has
also been increasing. Therefore, the necessity to conserve surplus electricity has decreased.
However, it is important to maintain the balance between the electric demand and supply which is
dependent on the prediction of the amount of electric power supply from the renewable power plants.
This is required if the large power plants are subject to any disruptions or problems. As the number
of renewable power plants is increasing, this effect is becoming an increasingly important factor.
With this background, it is evident that the demand response (DR) can be controlled by the electric
suppliers of the power plants and the users, as they can manipulate the quantity of the electric
demand subjectively. In particular, the manipulation of the air conditioner’s operation is a promising
application of the DR technique, because it delivers a quick response and does not require the
addition of an expensive investment. In Japan, almost all the air-conditioners can regulate their outlet
capacity by controlling the inverter frequency. Therefore, manipulation of air-conditioners can be
considered an efficient application of the DR method. In this study, we evaluate the feasibility of
employing this DR method for air-conditioners using a simulation analysis.

2. SYSTEM OVERVIEW
In this study, we focus on the variable refrigerant flow (VRF) system, which is installed in the inverter
devices allowing the compressor, fan, and all the indoor units to be controlled independently. Fig. 1
shows the system overview. This system can regulate the quantity of the refrigerant flow by
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manipulating the compressor rotational speed. Moreover, there are expansion valves in every indoor
unit. Therefore, all the indoor units can be controlled independently based on the user’s manipulation.

Figure 1: Overview of a VRF system

3. THE DEMAND RESPONSE METHOD
There are multiple types of technologies used to implement DR. Therefore, according to the Federal
Energy Regulatory Commission, DR is defined as follows: “Changes in electric usage by end-use
customers from their normal consumption patterns in response to changes in the price of electricity
over time, or to incentive payments designed to induce lower electricity use at times of high
wholesale market prices or when system reliability is jeopardized” (Balijepalli et al., 2011).
Consequently, there are several ways to control the capacity or the shifting electric load using the
energy storage systems to adjust the electric demand and supply. Fig. 2 shows the overview of DR.

Figure 2: Overview of DR

Balijepalli et al. (2011) cited several technologies to control the functioning of air-conditioners. For
example, Lu et al. (2011) adopted the smart grid system that turned both the water heater and air
conditioner on and off using three types of strategies; these include stabilizing the electric voltage,
stabilizing the electric frequency, and minimizing the electric cost. Some of the existing studies have
evaluated the control of air-conditioners using energy resources. However, none of the studies have
evaluated the physical aspects of air-conditioners in detail for the implementation of DR. Therefore,
we have created a detailed simulation model and evaluated the VRF system quantitatively.
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4. EVALUATING PERFORMANCE OF DR
The VRF system is flexible and has a wider load changing system. Because the compressor is
connected to an inverter device, it is capable of regulating the quantity of refrigerant flow depending
on the load change. In addition, each indoor unit contains an expansion valve. When the opening
pulse is adjusted, the system is capable of appropriately regulating the amount of refrigerant
circulating into the indoor unit. This enables a wide operation range of low to high loads, ultimately
contributing to saving energy, and improving the user comfort with an independently controlled
indoor unit.
In this study, we aim to evaluate the results obtained quantitatively after applying the VRF system
in the implementation of DR. The power consumption of the air conditioner varies significantly
depending on the load conditions, temperature, and the operation conditions of the indoor unit.
Controlling the temperature is not feasible, and the driving situations vary frequently, rendering this
method considerably uncertain. Therefore, we estimate the power consumption of the air-conditioner
using a simulation model constructed by applying a physical formula. Moreover, we evaluate the
performance of DR using the Monte Carlo simulation considering the uncertainty of the temperature
and the load conditions
Details of the simulation analysis model of the air-conditioner are not covered in this study. Please
refer to our previous studies (Matsumoto et al., 2015, 2016, 2019), where they have been described
in detail. Fig. 3 presents a flowchart of the calculations performed.

Figure 3: Flowchart of the calculations
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4.1.

Operating Characteristics of the VRF System

The air-conditioning system controls the rotational speed of the compressor and the open pulse of
the expansion valve to maintain the stable operation of the equipment at high efficiency operation.
The rotational speed of the compressor is manipulated depending on each indoor load using the
feedback control method. Moreover, the open pulse of the expansion valve is manipulated by the
degree of superheating at the evaporator outlet to avoid the liquid refrigerant flowing into the
compressor. In this controlled background, we calculate the correlation among the energy
consumption, capacity ratio, and the air temperature at the condenser. The calculations are defined
as follows:
 Rated temperature operation conditions are defined as per the Japanese Industrial
Standards. The outdoor temperature condition is 35 °C for dry bulbs and 24 °C for wet bulbs.
The indoor temperature condition is 27 °C for dry bulbs and 19 °C for wet bulbs
 To protect the compressor, the degree of superheating at the evaporator outlet is constantly
adjusted to be equal to the rated condition by manipulating the open pulse of the expansion
valve.
 The allowable operating conditions are defined as follows. The degree of discharge
temperature at the compressor outlet is maintained under 130 °C. The discharge pressure at
the compressor outlet is maintained under 4.0 MPa. The range of the compressor rotational
speed is maintained at 50% to 150% of the rated speed.
The results of the simulation analysis and the P－H diagram of three different conditions are
presented in Figs. 4 and 5, respectively.
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Figure 4: Simulation results (left: temperature characteristics; right: capacity characteristics)
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Figure 5: P－H diagram (left: temperature characteristics; right: capacity characteristics)
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As shown in Fig. 4, the energy consumption and the refrigerant pressure decrease when the
temperature and capacity ratio increase. Fig. 6 shows the integration of Fig.4 for the energy
consumption, temperature, and the capacity ratio.

Figure 6: Integration of Fig.4 by bilinear interpolation method

As shown in Fig. 6, the correlation among the energy consumption, temperature, and the capacity
ratio exhibits nonlinearity. When the temperature is higher than 45 °C and the capacity ratio is greater
than 115%, the discharge pressure exceeds the allowable pressure. Due to limited calculation time,
we evaluate the energy consumption using the bilinear interpolation method.
4.2.

Data Collection from a Building

In the previous section, the power consumption characteristics of the load ratio and the temperature
are calculated using a simulation analysis. In this section, we perform the evaluations using a
building with an installed VRF system. The feasibility of DR is evaluated by extracting the driving
situations and the temperature conditions of the indoor unit. Table 1 outlines the specifications of the
air-conditioning equipment. Fig. 7 shows a portion of the room layout.
Table 1. Installation specifications of the VRF system

No.

Floor

Capacity
(kW)

Number of
indoor units

Number of
indoor rooms

AC 1

1st

28.0

10

4

45.0

7

3

56.0

6

1

56.0

6

2

56.0

9

3

33.5

4

1

AC 2
AC 3
AC 4
AC 5
AC 6

2nd
3rd
4th

AC 7

5th

45.0

5

3

AC 8

7th

56.0

5

3

Remarks
1: Wide Office room
3: Narrow Meeting rooms
1: Wide Office room
2: Narrow Meeting rooms
1: Wide Office room
(AC 2 is shared)
1: Wide Office room
1: Narrow Meeting room
1: Wide Office room
2: Narrow Meeting rooms
1: Wide Office room
1: Wide Office room
2:Narrow Meeting rooms
1: Wide Office room
2: Narrow Meeting rooms
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Figure 7: Room layout
(2nd floor with AC2 and AC3)

Figure 8: Load ratio data (average values for
the weekdays in August 2017)

The building is primarily occupied by office workers; therefore, the air-conditioners are operated
during relatively regular timeframes. However, the operation time differs depending on the purposes
for which a particular room is used. Therefore, we have collected the indoor unit’s operation data for
one month during August 2017. Because the weekday and holiday schedules are different, we have
only selected data for weekdays. Fig. 8 shows the evaluation results.
In addition, the data of the outside air temperature around the building during the month of August
for over 30 years from 1988 to 2017 is already available. We assume that the data displays a
tendency close to the normal distribution.
4.3.

Monte Carlo Method

The Monte Carlo method performs a simulation analysis using random numbers and is extensively
used. The operation probability and the temperature conditions of the indoor unit are defined in the
previous section. In this section, random numbers are generated to simulate the operation state of
the air-conditioner and the effect of DR is then evaluated. Fig. 9 shows an image of obtaining the
operation state of the indoor unit. The temperature condition is determined by generating a random
number based on the normal distribution. This number determines whether the indoor unit is active.
Fig. 9 shows the condition generating a random number; the load ratio is defined using Eq. (1). Fig.
10 shows the generation of a random number for determining temperature conditions.

Figure 9: Generation of a random number

𝐿𝑜𝑎𝑑 𝑅𝑎𝑡𝑖𝑜 ≡ ∑ 𝐴𝑐𝑡𝑖𝑣𝑒 𝐼𝑛𝑑𝑜𝑜𝑟 𝑈𝑛𝑖𝑡𝑠⁄𝑁𝑢𝑚𝑏𝑒𝑟 𝑜𝑓 𝑖𝑛𝑑𝑜𝑜𝑟 𝑢𝑛𝑖𝑡𝑠
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Figure 10: Generation of a random number for determining temperature conditions

5. CONCLUSION AND CONSIDERATION
A random number, defined as N = 200, is generated in each time zone from 7 to 20. The calculation
results are obtained by evaluating the performance of the increased and decreased DRs, as shown
in Fig. 11 at 14:00.

Figure 11: Evaluation of the performance of DR at 14:00

The left diagram is the distribution of energy consumption at 14:00 before DR manipulation. The right
diagram is the distribution of the maximum performance of DR. A positive value indicates the
performance of an increasing DR and a negative value indicates a decreasing DR. The performance
of DR is calculated using the difference between energy consumption before and after DR
manipulation under an allowable range of refrigerant temperatures, refrigerant pressures, and
compressor speed.
Because the air-conditioners are turned off early in the morning and at night, the possibility of an
increase in DR is expected and a decrease DR is not. Although the temperature conditions and the
operating conditions of the indoor unit are different, depending on the effect of aggregation it is
expected that the variances will become smaller. Fig. 12 shows the weighted distribution values,
which are considered as the capacity differences in all the VRF systems. In this case, the
performance of an increasing DR is expected to be approximately 60% of the rated operation and
the performance of a decreasing DR is expected to be approximately 20%.
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Figure 12: Distribution of performance of DR for each time zone aggregated for 8 air-conditioners

6. SUMMARY AND FUTURE STUDY
A detailed analysis model of an air-conditioner was constructed and the effect of DR was evaluated
in detail, considering the manipulation of rotational speed of the compressor and the open pulse of
the expansion valve. Moreover, the Monte Carlo method was employed to quantitatively evaluate
the effect of DR considering the changes in the temperature and operating conditions of the indoor
unit. A new evaluation method with a detailed analysis can be expected in the future. However, this
study does not consider the indoor condition. In fact, the air-conditioner is turned on and off primarily
according to the indoor temperature. It is assumed that the duration of DR is influenced, as the
control to operate the activation is built-in. In future investigations, it will be necessary to perform the
evaluations considering these influences.
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ABSTRACT
A novel semi-coupled desiccant heat pump (SCDHP) system in which a desiccant coated
evaporator (DCE) and a conventional evaporator (CE) operate in series is proposed to overcome
the disadvantages of integrated solid desiccant heat pump (IHP) system. An experimental setup is
established and tested to obtain the performance of SCDHP system. Results show that under
Shanghai conditions, on the one hand, SCDHP system can inherit the high COP of IHP system,
which can reach to higher than 4; on the other hand, when an auxiliary CE is installed in series with
DCE, the average temperature drop of process air is about doubled, then corresponding cooling
capacity increases by more than 50%, and the variation range of outlet air temperature reduces by
about 70%, moreover, the coordination between outlet air temperature and humidity can be
improved significantly.
Key words: Desiccant coated heat exchanger; Conventional evaporator; Operate in series.

1. INTRODUCTION
At present, dominant air conditioning system is still based on vapor compression (VC) cycle. In such
a system, in order to handle sensible and latent load together, evaporation temperature needs to be
set lower than dew point temperature, which results in lower coefficient of performance (COP).
Recently, integrated solid desiccant heat pump (IHP) system is proposed to increase evaporation
temperature and then to improve COP. In the IHP system, two fin-tube heat exchangers (evaporator
and condenser) in traditional VC system are replaced by two desiccant coated heat exchangers
(DCHE). Tolga et al. (2010) experimentally investigated the IHP system under American conditions.
Results show that the latent load removal of IHP system can meet needs and COP can reach 5.0.
However, the sensible load removal is relatively weak. Then, Napoleon et al. (2011) tested the
performance of IHP system under Asia-Pacific summer conditions. Results show that COP can
reach 2.8~5.7 which is higher than that of traditional VC system operating under same conditions.
The humidity ratio of process air can be reduced by about 50% while the temperature of process air
only can be reduced by 10%~20%, in other words, the sensible load removal of IHP system is much
weaker than the latent load removal. Lingji et al. (2018) experimentally investigated the feasibility of
improving the sensible load removal of IHP system by prolonging switching time. It is found that
when this strategy is adopted, the improvement of sensible load removal is not obvious but COP
decreases significantly. Yaodong et al. (2017) proposed a weakly coupled control strategy for IHP
system. In such a strategy, firstly, evaporation temperature is set according to the sensible load,
then switching time is set according to the latent load. However, experimental results reveal that the
IHP system with this control strategy still shows the characteristics of inadequate sensible load
removal. In addition, all of above-mentioned researches indicate the large fluctuation and the
incongruity of supply air in the IHP system. Based on these works, it can be concluded that the COP
of IHP system is obviously higher than traditional VC system and the latent load removal is
adequate. But the disadvantages of such system are also obvious: (1) the removal of sensible load
cannot meet needs; (2) the large fluctuation and the incongruity of supply air.
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In this paper, a novel semi-coupled desiccant heat pump (SCDHP) system in which a desiccant
coated evaporator (DCE) and a conventional evaporator (CE) operate in series is proposed to
overcome the drawbacks of IHP system. And an experimental setup is built up to investigate
performance of this novel system under typical conditions.

2. EXPERIMENTAL SETUP OF SEMI-COUPLED SOLID DESICCANT HEAT PUMP
2.1

Working Principle

Fig. 1(a) shows the schematic diagram of SCDHP system. The refrigerant cycle is shown in Fig.
1(b): refrigerant is compressed in compressor from state a to b, then flows into desiccant coated
condenser (DCC) in which it can be cooled from state b to c, afterwards expands in throttle valve
from state c to d, at last vaporizes from state d to e (in CE) and from state e to a (in DCE)
successively. The air handling process is shown in Fig. 1(c): air first flows through DCE in which it is
dehumidified and cooled from state 1 to 2, then is further cooled by CE from state 2 to 3.
Simultaneously, condensation heat provides a reliable heat resource for the regeneration of the
desiccant coated on the surface of DCC. In the SCDHP system, DCE and DCC are switched
periodically to realize continuous dehumidification, and CE keeps operating mode to remove
sensible load.
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Figure 1: The (a) schematic diagram of SCDHP system (b) refrigerant cycle of IHP system (c) air
handling process

2.2

Experimental Setup and Measurement

An experimental system as shown in Fig. 2 is established to test the performance of SCDHP system.
Fig. 2(a) is the schematic figure of experimental system and Fig. 2(b) is the picture of experimental
setup. The system includes refrigerant cycle and air flow path. For the refrigerant cycle, a frequency
conversion compressor, an electronic expansion valve, a four-way valve and four one-way valves
are installed to adjust and switch the refrigerant cycle. For the air flow path, four frequency
conversion fans and eight electric air valves are installed to adjust air flow rate and to switch the air
flow path. There are two operation modes: Mode 1 and Mode 2. In Mode 1, four-way valve is
de-energized and air valves 1/2/3/4 are open while air valves 5/6/7/8 are closed: process air (state 1)
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is first dehumidified and cooled by DCHE1 to state 2, then further cooled by CE to state 3,
meanwhile the regeneration air (state 4) is humidified and heated by DCHE2 to state 5. When
system switches from Mode 1 to Mode 2, the four-way valve is energized to reverse the function of
two DCHEs, and CE keeps operating as an evaporator. In the meantime, the air flow path is
changed by closing air valves 1/2/3/4 and opening air valves 5/6/7/8. Process air (state 1) is first
dehumidified and cooled by DCHE2 to state 2, then further cooled by CE to state 3, meanwhile the
regeneration air (state 4) is humidified and heated by DCHE1 to state 5. The parameters of heat
exchangers are summarized in Table 1 and the specifications of other main components are shown
in Table 2. The locations of test sensors are also shown in Fig1. (a) and the detailed specifications
of test sensors are listed in Table 3. All data are collected and saved by PLC with the sample time of
2s. In order to simulate different air conditions, experimental setup is placed in a room which can
provide air temperature from -10°C to 40°C with a precision of ±2°C , and air relative humidity from
30% to 90% with a precision of ±5%.

(a)

Fans

(b)
Figure 2: The (a) schematic diagram (b) picture of experimental system
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Table 1. Structure parameters of heat exchangers

Specifications of heat exchangers
Inner diameter of copper tube (mm)
Outer diameter of copper tube (mm)
Transverse tube pitch (mm)
Longitudinal tube pitch (mm)
Fins thickness (mm)
Fins spacing (mm)
Size (mm3)
Mass of desiccant (g)
Main components

DCHE

2
379*336*25.4
735

6.3
7
7
21
21
12.7
12.7
0.115

Table 2. The specifications of main components

Compressor
Throttle valve
Four-way valve
One-way valve
Fans

Parameters
Temperature of air
Relative humidity of air
Air flow rate
Power of compressor
Pressure of refrigerant
Temperature of refrigerant

Specifications
Refrigerant: R410A
Capacity: 3.4KW
Capacity (10%~100%): 2~19.3KW
Capacity: 2.8~11.4KW
Capacity: 4.2KW; 32.9KW
Maximum flow rate: 600m3/h
Maximum flow rate: 1500m3/h

Table 3. The specifications of sensors

Sensors
Temperature and
relative humidity sensor
Hot-film anemometer
Power meter
Pressure transmitter
PT100

Range
-50~100°C
0~100%
0~30m/s
0~9999W
0~6Mpa
0~200°C

CE

1.5
379*168*38.1
—
Number
1
1
1
4
3
1
Accuracy
±0.1°C
±0.8%RH
±0.015m/s
±0.5%
±0.5%
±0.1°C

3. PERFORMANCE INDICIES AND ERROR ANALYSIS
The performance of SCDHP system is evaluated by two groups of indices. The first group describes
the temperature and humidity ratio of supply air, indicating load removal and supply air state. In this
group, the temperature of the outlet air from DCE ta, DCE, out, the temperature of the outlet air form CE
ta, CE, out, the humidity ratio of the outlet air from DCE da, DCE, out, the humidity ratio of the outlet air form
CE da, CE, out and power consumption Pcom+fans can be obtained directly. Besides, the average
temperature drop of process air (TDa, DCE, TDa, DCE+CE) and the average humidity ratio drop of
process air (HDa, DCE, HDa, DCE+CE) are adopted to describe sensible load removal and latent load
removal more clearly (Eq. (1)-(4)). The variation range of outlet air temperature (∆ta, DCE, out, ∆ta, CE, out)
and the variation range of outlet air humidity ratio (∆da, DCE, out, ∆da, CE, out) are adopted to describe
outlet air stability (Eq. (5)-(8)).
TDa,DCE = ta,DCE,in - ta,DCE,out
TDa,DCE+CE = ta,DCE,in - ta,CE,out
HDa,DCE = da,DCE,in - da,DCE,out
HDa,DCE+CE = da,DCE,in - da,CE,out
ta,DCE,out = ta,DCE,out,max - ta,DCE,out,min
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ta,CE,out = ta,CE,out,max - ta,CE,out,min

Eq. (6)

da,DCE,out = da,DCE,out,max - da,DCE,out,min

Eq. (7)

da,CE,out = da,CE,out,max - da,CE,out,min

Eq. (8)

The second group considers the overall performance of system. The air-side cooling capacity (Qa,
DCE, Qa, DCE+CE) and COP of system can be calculated by Eq. (9)-(11).
Qa,DCE = ma (ia,DCE,in - ia,DCE,out )

Eq. (9)

Qa,DCE+CE = ma (i a,DCE,in - i a,CE,out )

Eq. (10)

COP = Qa, DCE+CE / Pcom+fans

Eq. (11)

The error analysis of indices is conducted by Eq. (12)-(13).
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Eq. (13)

where f is the function of independent variables; x1, x2, etc. stand for independent variables; ∆x1, ∆x2,
etc. are the absolute error of corresponding variables; ∆y/y is the relative error. The relative errors of
TDa, DCE, TDa, DCE+CE, HDa, DCE, HDa, DCE+CE, ∆ta, DCE, out, ∆ta, CE, out, ∆da, DCE, out, ∆da, CE, out, Qa, DCE, Qa,
DCE+CE and COP are ±2.6%, ±1.2%, ±7.1%, ±5.9%, ±2.6%, ±1.2%, ±7.1%, ±5.9%, ±3.9%, ±2.8% and
±2.9% respectively.

4. RESULTS AND DISCUSSIONS
In order to demonstrate the feasibility of SCDHP system, dynamic performance in terms of outlet air
state, cooling capacity and power consumption are tested and analyzed. The detailed operating
conditions are listed in Table 4. The state of indoor air is chosen according to GB 50736 (2012) and
the state of outdoor air is chosen according Zhengyan et al. (2014). Condition1 refers to the mild
condition in Shanghai and condition2 refers to the humid condition in Shanghai. Process air flow
rate is 200 m3 h-1, and regeneration air flow rate is 440 m3 h-1 (220 m3 h-1 comes from outdoor and
200 m3 h-1 comes from indoor). Firstly, compressor and throttle valve are adjusted to ensure that
evaporation temperature is close to 15oC and condensation temperature is close to 45oC, then
superheated degree and subcooled degree are fine-tuned to obtain optimal performance. Switching
time is the duration of each mode.
Table 4 Operating conditions

Parameters

Air conditions

Condition 1

Condition 2

35
40

30
60

Temperature (oC)
Relative humidity (%)
Temperature (oC)
Indoor
Relative humidity (%)
Evaporation temperature (oC)
Condensation temperature (oC)
Superheated degree (oC)
Subcooled degree (oC)
Switching time (s)
Outdoor

4.1

14.6
47.2
11.6
4.6

25
60

185

12.9
42.2
9.4
3.4

Condition 1: the mild condition in Shanghai
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System performance under condition 1 is shown in Fig. 3, and it can be seen that the qualitative
trends which are related to DCE and CE are similar. For outlet air humidity ratio, Fig. 3(a) shows
that it firstly increases, then declines to minimum value, at last ascends back tardily. The reasons for
the first increase can be attribute to two reasons: (1) the high temperature of DCE which has
negative influence on adsorption) (2) the mixture with remained regeneration air in air duct. The
second increase of outlet air humidity ratio can be explained by the fact that as dehumidification
process goes on, the humidity difference between air and desiccant gets smaller, therefore, the
latent load removal attenuates. For outlet air temperature, Fig. 3(b) shows that it firstly increases to
maximum value then gradually decreases. This phenomenon can be explained by three factors: two
factors are same to those result in the first increase of outlet air humidity ratio and another is
adsorption heat. The variable trends of cooling capacity and electricity consumption are plotted in
Fig. 3(c). Generally, cooling capacity firstly decreases to minimum valve, next gradually increases,
at last declines slightly. In the preliminary period, both the outlet air humidity ratio and temperature
increase continually, therefore, the cooling capacity decreases. When it comes to the second period,
both the outlet air humidity ratio and temperature begin to decrease, as a result, cooling capacity
increases. As process goes on, the decrease of latent load removal is more significant than the
increase of sensible load removal, therefore, there is a small drop of cooling capacity in the third
period. The power consumption of system rapidly descends to minimum value then ascends
gradually due to the reconstruction of operating condition.
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Fig. 3 (a) Outlet air humidity ratio (b) outlet air temperature (c) cooling capacity and COP (d)
psychrometric chart of transient outlet air state under condition 1

Besides, it can be found that the CE contributes a lot to system performance in terms of the sensible
load removal and outlet air state as Fig. 3(a), Fig. 3(b) and Fig. 3(d) illustrate. Due to the excellent
sensible load removal of CE, average ta, CE, out is about 19.1oC while average ta, DCE, out is as high as
26.7oC, in other words, when process air further flows through CE, the average temperature drop of
process air is about doubled. Fig. 3(d) shows that ∆ta, CE, out is 1.5oC which is only 27% of ∆ta, DCE, out.
This can be explained by the fact that when the outlet air temperature of DCE is high, the
temperature difference between process air and CE is large, and the heat transfer between process
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air and CE can be enhanced, which will reduce maximum outlet air temperature. Since CE is not set
for dehumidification, average da, DCE, out and average da, CE, out are almost same (da, DCE, out: 11.3g/kg;
da, CE, out: 11g/kg). It is worth noting that ∆da, CE, out is 2.5g/kg which is about 75% of ∆da, DCE, out. This
phenomenon mainly results from that the outlet air of DCE is humid in the first period and dew point
temperature is even higher than the temperature of CE, therefore, condensation dehumidification
will reduce maximum outlet air humidity ratio. In addition, when the outlet air humidity reaches
minimum value (about 80s), ta, DCE, out is as high as 29.3oC which means the temperature is not in
keeping with the low humidity, but ta, CE, out is only 19.7oC which means the coordination between
temperature and humidity is improved significantly by CE. In sum, the cooling capacity produced by
two heat exchangers (DCE and CE) is 59% larger than that of only one DCE and the system COP is
4.3.
4.2

Condition 2: the humid condition in Shanghai

System performance under condition 2 is tested and illustrated in Fig. 4. It shows that the trend of
each index is similar to that in Fig. 3. Average outlet air temperature is 24.3oC for ta, DCE, out and 17oC
for ta, CE, out while average outlet air humidity ratio is 12g/kg for da, DCE, out and 11.6g/kg for da, CE, out. In
other words, TDa,DCE+CE is 2.3 times as big as TDa,DCE and HDa,DCE+CE is almost same to HDa,DCE. Also,
it can be seen in Fig. 4(d) that ∆ta, CE, out is obviously smaller than ∆ta, DCE, out, and the stability of outlet
air humidity ratio is also improved. Fig. 4(c) illustrates that the integration of DCE and CE can
provide a 54% higher cooling capacity than only one DCE and the system COP is 4.1.
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Fig. 4 (a) Outlet air humidity ratio (b) outlet air temperature (c) cooling capacity and COP (d)
psychrometric chart of transient outlet air state under condition 2

5. CONCLUSION
Based on the presented experimental results, it can be found that on the one hand, SCDHP system
inherits the merit of high COP of IHP system (higher than 4); on the other hand, when an auxiliary
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CE is installed in series with DCE, the average temperature drop of process air is about doubled,
then corresponding cooling capacity increases by more than 50%, and the variation range of outlet
air temperature reduces by about 70%, moreover, the coordination between outlet air temperature
and humidity can be improved significantly.
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NOMENCLATURE
COP Coefficient of performance
d
Humidity ratio of the air (g kg-1r)
HD
Humidity ratio drop (g/kg)
i
Enthalpy (J kg-1)
m
Mass flow rate of the air (kg s-1)
P
Power consumption (W)
Q
Cooling capacity (W)
t
Temperature (°C )
TD
Temperature drop (°C )
Subscripts
a
Air side
ads
Adsorption
CE
Conventional evaporator
com Compressor
DCE Desiccant coated evaporator

fans
Fans
in
Inlet
out
Outlet
reg
Regeneration
Abbreviation
Air-conditioning and Refrigeration
ARI
Institute
CE
Conventional evaporator
DCC
Desiccant coated condenser
DCE
Desiccant coated evaporator
DCHE
Desiccant coated heat exchanger
IHP
Integrated solid desiccant heat pump
SCDHP
Semi-coupled desiccant heat pump
VC
Vapor compression
VRV
Variable refrigerant volume
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ABSTRACT
Naturally formed frost on heat exchangers of low temperature devices is a cause for both increased
resistance to air-passage and heat transfer. Therefore, defrosting operations will be needed when
frost has collected excessively to avoid the deterioration of the heat exchanger efficiency. Focusing
on the size of the droplets, the authors’ group artificially changed the characteristics of the cooling
surface by machining grid shapes of 100 microns order on the cooling surface. By doing so, they
have succeeded in producing zones with no frost-crystal growth on the surface. In this study, the
effects of the groove patterns on the frosting phenomenon under natural convection condition were
investigated by varying the cooling surface temperature from -75 °C to -10 °C.
Keywords: Mass Transfer, Frost Crystal, Ice

1. INTRODUCTION
When a frost layer, which is a mixture of ice and moist air, forms on the heat exchanger of a
low-temperature device, it acts as a thermal as well as a flow resistance causing the heat
exchanger performance to deteriorate. To address this issue, Ohkubo et al (Ikemoto, S., 2011).
have proposed a mechanical frost removal method. The force required to scrape the frost layer in
this method could be reduced by using a cooling surface with micro-machined lattice structure when
frosting occurs in the region I (of temperatures tw between -40.1 °C and 0 °C) of the frosting curve.
Further, the micro-machined surface showed a 75% reduction in the cooling surface area where
frost crystals are formed and grow compared a flat cooling surface.
This study focuses on the reduction of frost layer thickness and frost deposition in regions I and II
(-75 °C< tw < -40.1 °C) when the cooling surface is micro-machined, and the results obtained are
presented below.

2. EXPERIMENTAL APPARATUS AND METHODS
Figure 1 shows a schematic diagram of the experimental apparatus. Experiments of this study were
conducted within an experimental chamber. The humidity and temperature of the chamber were
controlled and maintained constant by using combination of a cooler, heater and dehumidifier. The
temperature and humidity of the chamber were measured by using an Asman Ventilated
psychrometer. A rectangular oxygen-free copper plate of 50 mm ✕ 50 mm in size and 1 mm in
thickness was used as the cooling surface, and it was oriented vertically. A grid pattern was
micro-machined by making grooves on the cooling surface and the pattern has the following
dimensions: the sides of a square pattern on the surface and width of grooves are each 0.25mm,
and the grooves and squares each have a pitch of 0.5 mm. The cooling surface was bonded to an
oxygen-free cooling block with an epoxy adhesive. To measure the cooling surface temperature, CA
thermocouples (of 100 m wire dia.) were fixed to the rear side of the copper plate using a
conductive adhesive and secured to the plate using epoxy adhesive. The thermocouples are
located at distances y = 12.5, 25.0 and 37.5 mm from the leading edge of the cooling surface, and
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these measurements were used to control the cooling surface temperature. In this work, the
thickness and quantity of frost formed and continued to grow on the cooling surface were measured.
The frost layer thickness was measured every 10 min from the start of the experiment at a distance
y = 25 mm using a measurement microscope. The experiments were repeated more than three
times for each condition and the average of the measurements was considered as the experimental
value of frost layer thickness. The frost deposition was measured by scraping and collection of frost.
In this collection method, frost formed on the cooling surface was scraped after a desired time
interval using a plastic scoop, and then collected on a filter paper and enclosed quickly in a
Tupperware container before the frost would sublimate. Further, paper Kim wipes (of Nippon Paper
Crecia Co. Ltd.) and threads were used to scrape off frost crystals in grooves and those strongly
stuck onto the cooling surface. These wipes were enclosed in other Tupperware containers and the
total weight of the containers was obtained using an electronic balance. Next, by deducting the
pre-measured weights of Tupperware, paper filter, paper wipes and threads from the previous total
weight, the amount of frost deposition was established. The measurements were conducted 3 times
under the same conditions, and the average of these measurements was taken as the experimental
value of the frost deposition.
In order to grasp the processes of frost crystal formation and growth on the cooling surface in
the regions I and II of the frosting curve, a digital microscope (KEY ENCE Co., VHX 2000) was
used for carrying out the observations. The schematic diagram of the experimental set -up
used for the observations is shown in Figure 2. Experiments were conducted under the
following conditions: air temperature ta = 25 oC, absolute humidity of air xa = 0.0099 kg/kg’, cooling
surface temperature t w = -75 ~ -15 oC, time interval≦ 2hr.

3. RESULTS
3.1 Observation Results
Figure 3 shows the observation results on frost crystal formation and growth in regions I and II of the
frosting curve.
In region I, super-cooled droplets are first formed, which would then coalesce and grow. After the
super-cooling state is passed, multiple number of frost crystals would grow from the protruding
crystals on the surface. It could be observed that as the frost crystal grew on the vertical cooling
surface, parts of growing crystals would break away under the influence of gravity. As a result, the
frost crystal thickness decreases.
On the other hand, in the case of region II, it was observed that clusters of droplets condensed
within the boundary layer become solidified, getting attached to the cooling surface as snow.
However, the frost layer that grows from these seeds will be weakly attached to the surface, and
therefore will be fragile. Thus, breakages of the frost layer could be observed.
In the case of the micro-machined surface, it was observed that grooves did not have frost
formations in them for the region I of the frosting curve. This can be attributed to the small vortexes
that are formed near the grooves, preventing the movement of water vapour towards the grooves.
In the region II of the frosting curve, it was observed that snow crystals are formed even inside the
grooves. However, their growth is slower compared to the growth from frost crystals on the
protruding parts of the cooling surface. Thus, it was revealed that the porosity of frost layer near the
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Figure 3: Observation results of frost crystal (ta = 25 C, xa = 0.0099 kg/kg’)
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cooling surface is higher compared to the case of a flat cooling surface; a similar trend in porosity
could be also observed for the region I.
3.2 Frost layer thickness
This section describes the findings of the effect of the cooling surface characteristics on the frost
layer thickness. Two types of cooling surfaces were considered, one being a flat surface and the
other being a surface with a micro-machined lattice pattern on it. Figure 4 shows the effect of the
cooling surface type on the frost layer thickness by the use of frosting curve. The figure also
includes the values of frost layer thickness obtained from predictive equations developed by
considering several influencing factors. These predictive equations are shown below (Agui, H.,
2018). These equations are for a flat surface, and a multiplication factor of 0.85 is used to evaluate
the values for the micro-machined surface.

≦ 1hr, ta ≧25 oC，5K ≦w ≦ 75K
lf = (-0.00028 Tw2 + 0.087 Tw + 1.2)  0.75
× (2.12 × 105xa3 – 1.06 × 104xa2 + 1.81 × 102xa – 3.45 × 10-3)
× 2.07ta-0.226 × ( y / 100) -0.25+0.25

Eq. (1)

＞ 1hr, ta ≧25 oC，5K ≦Tw ≦ 75K
lf = (-0.00028 Tw2 + 0.087 Tw + 1.2) τ 0.45
× (2.12 × 105 xa3 – 1.06 × 104 xa2 + 1.81 × 102 xa – 3.45 × 10-3)
× 2.07ta-0.226

Eq. (2)

where, lf is frost layer thickness [mm], xa is absolute humidity of air [kg/kg’], y is the distance from
the leading edge [mm], T w is the degree of super-cooling, is time [hr] and ta is air temperature
[°C].
Figure 4 shows that the frost layer thickness increases both in regions I and II when the cooling
surface temperature T w decreases (or in other words, when degree of super-cooling T w increases).
Further, the predicted results are in good agreement with the experimental results. The results show
that the micro-machined surface is effective in reducing the frost layer thickness by about 15 %
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compared to that of a flat surface. The reason for the micro-machined cooling surface to reduce the
frost layer thickness can be attributed to the fact that the surface area available for frost crystal
growth is reduced to about 75 % of the projected cooling surface area.
Figure 5 shows the frost layer thickness as a function of time for the micro-machined cooling
surface at different cooling surface temperatures Tw. The frost thickness variation can be
categorized into four regions. For example, consider the case of tw = -30 °C: in region i,
super-cooled liquid droplets are formed and grown; in region ii, after the super-cooling of the
droplets disappear, frost crystals will grow; in region iii, as the frost layer grows, its surface
temperature increases and as a result, the rate of growth of frost film decreases; and, on further
growth of the frost layer, in region iv, breakage of the frost layer becomes pronounced, leading to a
partly collapsed state of the frost layer. Now, in the case of tw = -40 °C, the region i is very small,
while in the case of tw = -50 °C, the region i did not exist. Further, it was observed that when the
cooling surface temperature is reduced, effects of the collapse of frost crystals and their
detachments become pronounced.
3.3 Amount of frost deposition
This section investigates the effect of cooling surface characteristics on the amount of frost
deposition. Figure 6 shows the frosting curve of the amount of frost deposition for two types of
cooling surfaces, namely, the flat surface and micro-machined surface. The figure also shows the
frost depositions obtained from the predictive equations, which were developed considering
appropriate influencing factors (Agui, H.,2018). The predictive equations for the average frost
depositions in the regions I and II are as follows:
＜Average＞Region I ( 5K ≦ ΔTw ≦ 40.1K )
mf = (0.000257Tw2+0.238Tw+170) × 0.065L-0.25 × xa × 

Eq. (3)

＜Average＞Region II ( 40.1 K < ΔTw ≦75K）
mf = (-0.0139Tw2+1.12Tw+158) × 0.065L-0.25 × xa ×
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where, mf is frost deposition per unit surface area [kg/m2], T w is the degree of super-cooling [K],
L is the dimension of cooling surface [m], xa is absolute humidity of air [kg/kg’], and is time [hr].
Figure 6 shows that in the region I, the frost deposition decreases drastically when the degree of
super-cooling T w decreases (or in other words, when the cooling surface temperature t w
increases). On the other hand, in the region II, it is clear that a micro-machined surface would
reduce the amount of frost deposition to some extent, but its effect is not as drastic as in region I.
The reason for this difference could be attributed to the differences in the frost crystal formation
mechanisms in the two regions.

4. CONCLUSIONS
In this study, effect of cooling surface characteristics on the frosting phenomenon in the regions I
and II of frosting curve was investigated by micro-machining a grid structure on the cooling surface.
The followings are the findings of this study.
(1) When a grid structure is formed on the cooling surface by micro-machining the surface,
the frost layer thickness showed a reduction of about 15% compared that of a flat surface.
(2) In the region I, the frost deposition decreases drastically when the degree of super-cooling
Tw decreases (or in other words, when the cooling surface temperature tw increases). On
the other hand, in the region II, it is clear that a micro-machined surface would reduce the
amount of frost deposition to some extent, but its effect is not as drastic as in region I.
(3) It was observed that when the cooling surface temperature is reduced, effects of the
collapse of frost crystals and their detachments become pronounced.
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ABSTRACT
When a solid surface is cooled below the solidification temperature of water, vapor condenses on
the solid surface forming frost. The frost formation is a transient phenomenon where heat and mass
transfer take place simultaneously. In this study, we attempted not to allow frost crystals to grow on
the cooling surface. This was attempted by forming super-cooled liquid in the boundary layer so that
frost crystal growth would occur away from the cooling surface. To do so, we placed micro objects
within the boundary layer and frost crystals were allowed to grow in the boundary layer. Results
show that we can control the growth of frost crystals by this method.
Keywords: Frost, Mass transfer, Heat transfer, Ice.

1. INTRODUCTION
Frosting is a phenomenon in which both heat and mass transfers take place simultaneously, and it
is also a transient one in that frost crystals are formed and then grow from the cooling surface to
form a frost layer on the surface. Thus, it is a complex phenomenon, and a systematic clarification
of the effects of influencing factors will be of great significance both industrially and academically.
With a systematic understanding of the phenomenon, a reduction in energy consumption in low
temperature devices can be achieved through the prevention and control of the problematic frost
formation and growth in heat exchangers of such devices. Further, such efforts will also lead to the
development of novel technology. Although there are many proposed models on frost layer growth,
a model to elucidate the phenomenon systematically has not yet been put forward, which is partly
due to the lack of experimental results on the mechanism of frost crystals formation and growth, in
addition to the lack of those on the effects of influencing factors. Further, although many studies on
the prevention or control of artificial frost formation and growth have been reported, they have not
led to practical implementation of the technology. By contrast, in order to understand the frosting
phenomenon systematically, the authors have proposed a frosting curve (S. Ikemoto, 2011) and
used it to investigate the effects of the factors influencing the frosting phenomenon under natural
convective conditions.
The authors have proposed and tested several methods to reduce the mass transfer towards the
cooling surface without hindering the surface heat transfer. The methods and their effects are as
follows: (1), the cooling surface was micro-machined to control the deposition of frost in the grooved
parts of the cooling surface, limiting the frost crystal formation and growth to the protruded parts of
the surface (H. Ohkubo, 2014), micro-objects were fixed either on the cooling surface or in the
temperature boundary layer to control the formation of frost crystals on the cooling surface by
making frost crystals to form and grow on the micro-objects (H. Ohkubo, 2018); and (3), frost crystal
near the cooling surface were sublimated to lift the frost layer, which showed the possibility of frost
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layer removal by sublimation (M. Kato, 2018).
With the above background in mind, the present study carries out fundamental research on the
method (2) focusing on reducing the frost deposition in the region I (-40.1°C ≤ tw<0°C: where tw is
cooling surface temperature). The results obtained are presented below.
2. EXPERIMEMTAL APPARATUS AND METHOD
It is not possible to completely eliminate the region where frost crystals would grow in the case of
the micro-machined cooling surfaces. The region where frost crystals form is in fact in the protruded
part of the micro-machined surface. This means that if the protruded part of the surface is fixed
within the boundary layer, it will be possible to control the frost crystal formation on the cooling
surface. In the present study, a wire-mesh made of SUS304 was placed inside the boundary layer,
and the following quantities were experimentally investigated: namely, frost layer thickness, amount
of frost deposition, and frost layer surface temperature and the temperature distribution within the
boundary layer.
The experimental apparatus can be broadly classified into the followings: a cooler, heater,
de-humidifier and humidifier, which will control to maintain constant temperature and humidity within
the experimental room and a small experiment chamber; and a series of instruments for
measurements. To measure the humidity and temperature within the experimental room and the
small chamber within the experimental room, an Asman ventilated psychrometer was used. The
heating block used here was one end of a copper block made of oxygen-free copper having surface
dimensions of 50mm in length, and 50mm in width, and a copper plate of 1mm thickness was
attached to the copper block with epoxy adhesive to use it as the cooling surface. The cooling
surface was given a mirror finish and its temperature was measured at distances y=12.5, 25 and
37.5mm from the leading edge of the surface, using CA thermocouples (of 100m wire dia.), which
were attached to the rear side of the plate using a conductive adhesive and fixed in place by using
epoxy adhesive. The sides of the cooling surface were insulated using Polyurethane foam and a
silicon adhesive. The cooling block was then placed inside a small chamber, which was made using
corrugated plastic sheets. The cooling surface was oriented in vertical orientation.
In the case of the experiments where a SUS304 wire-mesh was used, a wire mesh (with 150m
opening, 100-mesh size, and 100mm wire dia.) was fixed inside the thermal boundary layer of the
surface. To measure the surface temperature distribution of the wire mesh, CA thermocouples of
100m dia. were spot-welded onto the mesh at distances y=12.5, 25 and 37.5mm from the leading
edge of the surface. The temperature of the cooling surface was controlled by filling the liquid
storage behind the cooling surface with ethanol and cooling ethanol by liquid nitrogen. The
wire-mesh used here was photographed using a commercial microscope (KEYENCE, VHX 2000),
and a 3D image was composed using depth-based information, which is shown in Figure 1.
Frost thickness was measured every 10min using the reading microscope in the middle of the
cooling surface at distances y=12.5, 25 and 37.5mm from the leading edge of the surface.
The frost deposition were used for measuring the amount of frost formation, depending on the
difference in cooling surface.Frost deposited during a fixed time interval was first scraped by using a
plastic spatula, then collected using a filter paper and finally sealed quickly in a Tupperware
container before it could sublimate. Further, paper Kim wipes (of Nippon Paper Crecia Co. Ltd),
frost in the grooves and flakes stuck on the surface were removed and collected. Then, these
wipes/towels were sealed in a different Tupperware container, and the total mass of the containers
was measured using an electronic balance. In the case of a wire mesh surface, the wire mesh was
removed from the surface of the cooling surface 2 hours after the start of the experiment, and the
frost layer and the wire mesh were sealed in Tupperware. The amount of frost deposition was then
obtained by deducting from the measurements the total weights of Tupperware, filter paper, and
other wipes, which have been pre-measured. Experiments were conducted more than three times
under each condition to obtain an average value for the frost deposition.
The surface temperature of frost layer was measured using a commercially available infrared
thermometer (Minolta, HT-11) and thermocouples. The emissivity was set to that of frost layer f =
0.98.
The schematic diagram of the experimental apparatus is shown in Figure 2. A K-type thermocouple
of 0.1mm wire diameter, which is Teflon coated is used in the (frost layer surface temperature)
measurements. The temperature measurement parts of the wires were welded together after
removing the Teflon insulation of the wires, and the Teflon insulated parts of wires were stretched on
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Figure 1: Dimensions of wire mesh

①

②

① Thermocouple

② Traverse device

Figure 2: Experimental apparatus
a Bakelite support section to form a bow shape. The Bakelite part was then fixed onto a supporting
copper rod, which was attached onto a traverse device (see Figure 2), which made it possible to
move the thermocouple horizontally and vertically. This traverse device positioned the
thermocouple so that it could measure the temperature within the boundary layer as well as the frost
layer surface temperature, which was defined here as the temperature of the humid air at the
location where the frost layer thickness was measured.
Experiments were conducted at air temperature ta of 25°C, air humidity xa of 0.0099kg / kg’ and for
cooling surface temperatures tw between -15°C and -40°C.

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1

Observations of Crystals

To investigate the process of formation and growth of frost crystals on the cooling surface, first we
carried out observations by a microscope. The experiments were carried out at cooling surface
temperatures t w between -15°C and -40°C, which are within the range of temperatures of the region
I (from -40.1°C to 0°C) of the frosting curve. The frost crystal formation and growth on the cooling
surface were observed by a microscope (KEYENCE, VHX-2000). Figure 3 (a) and (b) show the
observations results of frost crystal formation and growth on the flat cooling surface and
SUS304 wire-mesh fixed onto the cooling surface, respectively. The results shown here are for
t w=-25°C. It is know that, in the region I of the frosting curve, super -cooled droplets are first
formed and grown, and next, once their super-cooled state disappears, the crystals at the
crest will cause the formation of many frost crystals (Ohkubo, 2014). From the observation
results, it could be confirmed that droplets coalesce and grow from both the flat surface and
wire-mesh, after the formation of super-cooled droplets on them. However, the process of
crystal growth becomes drastically different when the super-cooled state of droplets is over.
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Figure 3: Observation of frost crystal
As a result, the porosity of frost layer close to the surface of wire -mesh became larger
compared to that of the frost layer growing on the flat surface. Under the condition of tw=-25°C,
frost crystals show a dendroid structure. Further, in the case of the vertically oriented surface,
it could be observed that growing frost crystals would collapse under the influence of gravity.
Further, the rate of growth of frost crystals differed considerably from the flat surface to the
wire-mesh surface.
3.2

Frost Layer Thickness

Figure 4 shows the thickness of frost layer that grew on the flat surface as a function of time at
different distances from the leading edge of the vertical cooling surface. Previously, the authors (H.
Agui, 2018) have developed a predictive equation for the frost layer thickness in the case of a
vertical flat surface under natural convective condition by investigating the effects of factors that
affect the frosting curve of frost layer thickness, and these equations are shown below by Eq. (1)
and (2). Figures 4 and 5 show the values obtained from these equations. In the case of the flat
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surface, the agreement between the calculated and experimental results is fairly good, and within
the frost deposition time interval less than 1 hr, the frost layer thickness shows a tendency to
decrease with the distance from the leading edge. After the frost deposition time has passed 1hr,
the frost deposition becomes asymptotic and independent of the distance from the leading edge.
Next, Figure 5 shows the time dependence of the thickness of frost layer formed and developed on
the metal wire-mesh. In this case, an effect due to the distance from the leading edge of the cooling
surface on the frost layer thickness cannot be observed. Further, the compared to the thickness of
the frost layer formed on the micro-machined surface, which are shown by the solid lines obtained
from Eq. (1,2), the reduction effect is small.

≦ 1hr, ta ≧25 oC，5K ≦w ≦ 75K
lf = (-0.00028𝛥Tw2 + 0.087 𝛥Tw + 1.2)τ0.75
×(2.12 × 105xa3 – 1.06 × 104xa2 + 1.81 × 102xa – 3.45 × 10-3)
×2.07ta-0.226 × (y / 100)-0.25+0.25τ

Eq. (1)

> 1hr, ta≧ 25 oC，≦w≦
lf = (-0.00028𝛥Tw2 + 0.087 𝛥Tw + 1.2)τ0.45
×(2.12 × 105xa3 – 1.06 × 104xa2 + 1.81 × 102xa – 3.45 × 10-3)
× 2.07ta-0.226

Eq. (2)

where, lf is frost layer thickness [mm], xa is absolute humidity of air [kg/kg’], y is the distance from
the leading edge [mm], T w is the degree of super-cooling [K],  is time [hr] and ta is air
temperature [°C].
3.3 Frosting Curve
Figure 6 is the frosting curve based on frost layer thickness. The degree of supercooling Tw was
first obtained for each of the surfaces, the flat surface and meshed surface, by using the surface
temperature of flat surface and that of metal wire mesh. Then, Tw values were used in Eq. (1) and
(2) to obtain the frost deposition on a flat surface, which is shown in Figure 6 together with the value
of the frost deposition scaled down by a multiplication factor R to account for the frost deposition
reduction. As seen from the figure, the calculated results match very well with the experimental
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results. Thus, it can be stated that the frosting curve will be an effective tool to predict frost
deposition on a metal wire mesh.
In the cases of different cooling surfaces, Figure 7 shows the measurements of frost depositions on:
a flat surface, a surface with micro-machined lattice structure reported in a previous work (H. Agui,
2018), a metal wire mesh fixed onto a cooling surface, and the cooling surface when a metal
wire-mesh is fixed onto the cooling surface. The figure also shows the predicted frost depositions
obtained from using Eq.(3), which was developed by the authors (H.Ohkubo, 1995) by considering
the effects of influencing factors on frost deposition in the case of a vertical surface under natural
convective conditions. The figure shows that the agreement between the frost deposition obtained
from Eq. (3) and the measurements for a flat surface is excellent. Further, the frost deposition on a
micro-machined surface is known to be less than that on a polished surface, in the range of the
present experiments. Here, it is clear that the frost deposition on a surface with a metal wire-mesh is
even less than that on a micro-machined surface. However, when the frost deposition on the
wire-mesh and amount of frost crystal formation on the cooling surface that carries the metal
wire-mesh is added together, the frost deposition for the case of wire-meshed surface was found to
be more or less the same as that formed on a micro-machined surface.
Region I ( 5K ≦ΔTw≦ 40.1K )
mf = (0.000257Tw2+0.238Tw+170)
× 0.065L-0.25 × xa × 

Eq. (3)

here, mf is amount of frost deposition per unit area [kg/m2],T w is the degree of surface
super-cooling [K], L is dimension of cooling surface[m], xa is absolute humidity of air [kg/kg’], and
 is time [hr].
3.4

Surface Temperature of Frost Layer

The surface temperature of the frost layer was measured using both a radiation thermometer and
thermocouples, and the first measurement type is called here Exp. 1 and the second type is called
Exp. 2. In Exp. 2, temperature distribution in the humid air within the boundary layer was measured,
and using this temperature distribution, the surface temperature of frost layer was obtained. Figure
8 shows the time variation of temperature distribution within the temperature boundary layer, with xft
being the perpendicular distance measured from the frost-layer surface formed on a mirror-finished
flat surface; xft =0 indicates the frost layer surface. The figure also includes the analytical
temperature distribution of Fujii et al. (T. Fuji, 1958) shown by Eq. (4) and thermal boundary layer
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thickness given by Eq. (5). The figure shows that the agreement between the calculated and
experimental results is fairly good. Finally, Figure 9 shows the temperature distribution within the
thermal boundary layer in the case of the metal wire-mesh, with the reference for the distance taken
as the surface of the frost layer formed on the wire mesh. Even in this case, the agreement between
the calculated and experimental results is fairly good. The results show that even when a metal
wire-mesh is fixed, the air flow and temperature distribution under natural convective conditions are
similar to those under natural convective conditions for a smooth flat surface.
T= (1-x ft /t)2×(Tw-Ta) +Ta

Eq. (4)

t = 3.93×{ (0.952+Pr)/Pr}0.25×(1/Ray) 0.25×y

Eq. (5)

where, T is temperature within boundary layer [K]; xft is the perpendicular distance measured from
the frost-layer surface [mm];  t is temperature boundary layer thickness; tｗ is cooling surface
temperature [K]; y is distance from leading edge of cooling surface [mm]; ta temperature of air [K]; Tf
is temperature of frost surface [K]; v is kinematic viscosity [mm2/s];  is thermal diffusivity [mm2/s];
Pr is Prandlt number; and Ray is Raynold’s number.
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II

CONCLUSION

In this study, frost formation and growth on a smooth flat surface and a metal mesh surface were
investigated, and the following conclusions are made:
1. Visual observations showed that void fraction of frost film formed and grown on a metal mesh
surface is greater than that on a smooth flat surface. At tw=-25°C, the frost crystals are of
dendroid shape. Further, in the case of a vertical cooling surface, the frost crystals grown on
the surface would collapse under the influence of gravity.
2. In the case of metal wire-mesh, the frost layer thickness is not greatly affected by the distance
from the leading edge of the cooling surface. Further, in comparison with the frost layer formed
and grown on a micro-machined cooling surface, the wire-mesh has only a minor effect on
reducing the frost layer thickness.
3. The amount of frost formation on the metal mesh surface is smaller than that on a
micro-machined surface. On the other hand, when the two components of frost depositions,
namely the frost deposition on the wire-mesh and the amount of frost crystals formed on the
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cooling surface where the metal wire-mesh is fixed, are added together, the frost deposition in
the case of the metal wire mesh was found to be more or less equal to that formed on a
micro-machined surface.
4. The air flow under natural convective conditions and temperature distribution in the
temperature boundary layer in the case of a metal-mesh covered surface are similar to those
under natural convective conditions for a smooth flat surface.
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ABSTRACT
Refrigeration and air conditioning systems consume about 17% of the global electricity generation.
In addition, global efforts are put toward phasing out high GWP refrigerants with sometime
contradictory results on the energy consumption leading to a systemic analysis of the environmental
impact. Efforts to put in place to reduce this consumption must be first directed towards improving
the compressor’s performance.
Scroll and rotary compressors are widely used in small refrigeration systems and in air/air air
conditioners. They have reached a high isentropic and volumetric performance with a continuous
improvement. The oil charge in the crankshaft is specified by the manufacturer in a conservative way
considering large circuits and the risk of bad oil return.
In this paper an experimental analysis on the oil charge impact on a small capacity water chiller
coefficient of performance is performed.
The analysis of the experimental results shows an important increase in electricity consumption
when the oil charge increases.
Keywords: Energy Efficiency, Experimentation, Lubrication, Scroll Compressor

1. INTRODUCTION
As time goes on, the world is becoming more conscious of its electric consumption. Air conditioning
and refrigeration systems account for 17% of global electricity generation. In order to reduce the
consumption, it is essential to improve the compressor’s (which is the main consuming component
of an air conditioning system and where the highest losses are observed) performance by studying
its different components.
Oil is an important component of a compressor and plays a crucial role in its functioning. Its primary
function is to lubricate the different rotating parts in order to reduce wear. It also plays a part in
limiting noise, evacuating chemical impurities and cooling of rotating components (Youbi-Idrissi &
Bonjour, 2008). Therefore, different parameters must be accounted for to choose the best oil
possible, such as oil chemical stability, viscosity, as well as oil level and type.
By failing to play its primary role (due to lack of oil quantity or having a low viscosity oil), the
compressor could break.
(Shin, Park, & Chang, 1998) studied the oil supply system in scroll compressors. They concluded
that the higher oil level is, the higher the ratio between oil flow rate and refrigerant flow rate.
Similarly,(Drost & Quesada, 1992) found that in varying the oil level from 0.5 to 4 inches, the oil flow
rate to refrigerant flow rate ratio varies from 0.2 to 1.2. Their findings are important, because the
more oil passes through the piping, the higher probability is it will stick to the evaporator, reducing
the overall efficiency of the system (Youbi-Idrissi & Bonjour, 2008). In fact, the global exchange
coefficient is reduced, meaning less heat is evacuated from the evaporator.
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(Afshari, Comakli, Lesani, & Karagoz, 2017)tested oil with different viscosities, to correlate its
viscosity to the compressor power consumption. They concluded that the oil with the lowest viscosity
provides the highest coefficient of performance, consequently, lowest electrical consumption.
(Sarntichartsak, Monyakul, Thepa, & Nathakaranakule, 2006) studied the effects of oil circulation in
air conditioning systems. They tested 2 different oil levels (0.8 and 1l) and found that the circulating
oil flow rates decreases with lower oil charge. The 0.8l oil level showed better performance than the
1l oil level.
(Nam, Lee, Lee, Kwon, & Lee, 2015) studied the optimization of oil charge in scroll compressors
inside eco-friendly cars. They varied the amount of oil inside the compressor and tested its
performance. They found that for low oil level, leaks occur inside the compressor and the volumetric
efficiency decreases. Oppositely, for a high oil level, the refrigerant mass flow rate decreases
(circulated oil increases) thus reducing the efficiency of the compressor. (Nam et al., 2015) varied
their oil charge from 40 to 120g by 20g steps. They found for low oil levels a decrease in the
backpressure, but for 80g and above it remained constant. They deduced an optimal level of 80g of
oil inside the compressor.
The main difference between our study and (Nam et al., 2015) is the architecture of the
compressor. In this study, we are using a vertical semi hermetic compressor.
Our study aims to examine the effect of oil charge impact on a small air cooled water chiller scroll
compressor. The motor driving the scroll is submerged with the lubricating oil and the low pressure
vapour. Oil is sucked to the scroll rotating part via a lubricating tube. The oil used is the Polyolester
(POE) oil. The aim is to find whether a compromise between a safety margin on the oil reserve and
compressor performance exists.

2. EXPERIMENTAL SETUP, DESCRIPTION AND ANALYSIS
In this section, we will discuss the experimental setup and protocol, as well as the instrumentation.
Results will be then presented and discussed.
2.1.

Experimental study

A small capacity R4010A Copeland scroll compressor used in an air cooled water chiller with a
classic thermodynamic cycle (view figure 1). The cycle is made of two loops: The water loop and the
chiller loop. In this study, the chiller was retrofitted to R-32.
Water in the water loop is driven by a pump; it exchanges heat in the evaporator with the refrigerant,
then it discharges in a water storage tank where the return temperature is controlled. The heat
extracted from the water permits us to determine the cooling capacity of the chiller. The outlet water
is maintained at 7°C. The heat added in the water tank is controlled in a way that the chiller operates
at full load avoiding the start and stop cycles. Temperatures and flow are measured by PT100
sensors and flow meter. Data is collected and saved.
The chiller loop is composed of the compressor, evaporator, condenser and the expansion valve.
The components are put in a climatic room that controls the ambient temperature. It is maintained at
35°C.
A set of PT100 temperature sensors and thermocouples are placed in different points of the circuit
to monitor the different parameters’ evolution: compressor, evaporator and condenser’s inlet and
outlet. Pressure sensors were put at the low and high pressure (inlet and outlet of the compressor).
Temperature and pressure data is acquired through Agilent software at a time step of 1sec. Power
consumption is directly measured at the compressor’s terminals using PEL wattmeter and saved
using the corresponding software.
The compressor is filled with a certain oil mass corresponding to a certain level inside the crankshaft.
The compressor runs till the chiller reaches a steady regime. This first step aims to set a reference
point for each oil level. Once the steady state is attained, data is collected for a minimum of 10
working minutes. Then the chiller’s performance is evaluated. For each temperature/pressure/flow
data, a mean value is taken over the whole running time. Once the point is set, and all data collected
and evaluated, a new operating regime is to be determined. The oil level in the compressor is
changed by drainage. The mass drained helps to determine the remaining mass/level existing inside
the compressor. Once the oil mass balance is done, the compressor is restarted and the procedure
is iterated.
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Different oil mass charge is tested from 265g to 2077g in order to determine the relation between oil
level inside the compressor and its performance. The oil used is the lubrication oil present inside the
compressor; the POE Emkarate oil.

Figure 1: Experimental setup

2.2.

Mathematical equations

In order to evaluate the performance of the chiller, the following equations are used. Equations 1 &
2 determine the cooling capacity of the compressor, while equation 3 computes the COP.
Eq. (1)
Eq. (2)
Eq. (3)
The refrigerant mass flow rate is estimated by equating eq. (1) and (2). The enthalpies are
estimated using thermodynamic tables for R32 for the corresponding pressure and temperature.
2.3.

Results

A series of twelve experiments were conducted. The compressor runs till equilibrium is reached:
stabilization of temperatures and pressures. The data collected are summarized in table 1. Figures
2 to 6 show the variation of compressor input power, cooling capacity, HP and LP, compressor
discharge temperature and COP as a function of oil mass respectively.
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Table 1. Summary data of all tests

Test
1
2
3
4
5
6
7
8
9

m (g)
2077
1882
1681
1480
1273
1071
869
667
265

Qevap (W)
9260.5
9311.1
9325.4
9312.5
9324.2
9318
9327
9271.4
9227.7

P (W)
3811
3780
3720
3718
3722
3715
3712
3700
3696

COP
2.430
2.463
2.507
2.505
2.505
2.508
2.513
2.506
2.497

Tcomp,outlet(°C)
117.04
118.32
118.38
118.32
118.03
117.93
117.85
116.96
118.25

LP (bars)
8.92
9.02
9.02
9.03
9.03
9.02
9.02
9.06
8.93

HP (bars)
33.3
33.4
33.5
33.5
33.5
33.4
33.4
33.7
33.2

Figure 2: Power consumption variation of as a function of oil mass in the crankshaft

Figure 3: Cooling capacity variation as a function of oil mass in the crankshaft
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Figure 4: HP and LP variation as a function of oil mass in the crankshaft

Figure 5: Compressor discharge temperature as a function of oil mass in the crankshaft

Figure 6: COP variation as a function of oil mass in the crankshaft
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2.4.

Results discussion

Let us first consider the compressor’s power consumption. As shown in figure 2 and table 1, power
remains almost constant for low oil mass. A sudden increase in consumption is to be found for larger
quantities. More accurately, for quantities exceeding 1500g, power consumption jumps from 3700
W to 3800 W (figure 2). The more oil existing inside the compressor, the more power consumption
increases: this may be explained by the power lost to compensate the friction viscous forces caused
by the lubricating oil reserve inside the crankshaft; for a certain oil level, the rotation of the motor is
opposed by the oil, whilst for lower levels it rotates in the vapour zone. In addition to having a positive
effect, such as improved lubrication, reducing vapor leakage through the scroll, the oil generates a
negative effect due to the viscous resistance to the motor rotation. Thus, a balance between positive
and the negative effects is observed.
Cooling capacity has a distinctive behavior (figure 3). It increases with the increase of oil mass inside
the crankshaft (passes from 9220 to 9300 W), till it reaches a flat behavior then it decreases (9260
W). However, it is hard to say whether this variation is significant because the range of variation is
rather small, around 2%, which is close to the accuracy of our measurements. Nevertheless, the
trend is interesting: For low oil masses, the basic function of the oil, which is leakage prevention, is
not completely fulfilled due to the low oil quantity. With increasing oil mass, we get better lubrication
and a better leak tightness which explains the increase in cooling capacity. For large oil masses, the
behavior is different: The scroll compressor in this study is driven by an electric motor bathing inside
the crankshaft filled with oil. With increasing oil quantities, the asynchronous machine (the motor) is
subjected to an increasing shear stress which may cause the machine to slow down. The swept
volume is then decreased and the refrigerant flow rate decreases, causing a reduction of cooling
capacity. This phenomenon is not clear for lower oil quantities, because the shear stress created
does not affect the motor’s speed for lesser oil level. This behavior is not fully studied; it should be
the subject of further investigations.
Both negative effects on power consumption and cooling capacity found for large oil masses explain
the sudden decrease of the COP (figure 6). It goes from 2.5 to 2.37 (4.8% decrease).
The high and low pressures (Table 1 & figure 4) have no significant change which means there is
no modification of the heat transfer due to the presence of oil. This behavior may be studied for
longer tests which are not the aim of this work where the focus is on the compressor behavior.
Similarly, for the outlet compressor temperature, no significant variation exists (figure 5).
The optimal oil mass is found to be 870 g. For this quantity, cooling capacity is maximal and power
is constant (negative effects are compensated by the positive ones). The electrical power
consumption is found to be 3700W, cooling capacity around 9300W and COP about 2.51.
For oil mass exceeding 1500g the increase in input power is notable.

3. CONCLUSION
The main aim of this work is to study the effect of oil level and mass inside a scroll compressor to
determine its performance. It is found, that power consumption remains constant along different
mass quantities, till it reaches a threshold. For an oil level exceeding this threshold, the compressor
power increases drastically and significantly. The cooling capacity has an optimum for mid-range oil
level. For extremely low oil level, the cooling capacity is minimal; this is probably due to bad gap
sealing. For high oil levels, cooling capacity decreases; this is most probably due the oil viscous
resistance to motor rotation, thus reducing its speed and its swept volume. For oil mass exceeding
1500g the COP degradation is noticeable. The performance of the compressor is deteriorated due
to the increase of friction forces.
For future studies, it is important to find an optimum oil level inside the compressor that is able to
ensure the best lubrication and gap sealing without actually harming the compressor’s performance.
They should also focus on the cooling capacity behaviour for great oil masses.
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NOMENCLATURE
Comp,outlet
CP
h
In,out
ṁ
T

Compressor outlet
Specific heat capacity (J/kg×K)
Enthalpy (kJ/kg)
Inlet , outlet
Mass flow rate (kg/s)
temperature (°C,°K)

COP
f
HP
LP
P
Qevap

Coefficient of performance
Refrigerant fluid
High pressure (bars)
Low pressure (bars)
Power consumption (Watts)
Cooling capacity (Watts)
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ABSTRACT
In applications where latent loads or ambient humidity are high, liquid desiccant systems combined
with vapor compression systems are a suitable alternative to conventional HVAC systems because
they can efficiently control air temperature and humidity. In this sense, an optimal integration in terms
of working conditions and energy management of both systems is required in order to maximize the
overall performance when they are coupled.
This study analyses, by means of the modelling and dynamic simulation with TRNSYS, the seasonal
performance of a liquid desiccant system coupled to a vapor compression heat pump for an HVAC
application.
The developed model is then used to optimize to overall performance in terms of energy
consumption and seasonal COP. Different operational conditions and control strategies are
evaluated.
Results show that evaporator/absorber and condenser/regenerator temperatures are the variables
that mainly affect the seasonal COP of the system.
Keywords: Liquid desiccant system, vapor compression heat pump, dynamic simulation, control
optimization

1. INTRODUCTION
Liquid desiccant systems (LDS) are interesting thermally driven air conditioning (HVAC) systems
when dehumidification has an important role in the thermal loads. These systems can both achieve
a low level of humidity and be driven by low-grade heat sources (Mohammad et al., 2013; Misha et
al., 2012). The combination of LDS with vapor compression refrigeration systems is called hybrid
liquid desiccant system (HLDS). In these systems, the LDS typically handles the latent load and the
vapor compression systems the sensible load. As a result, the HLDS handles the temperature and
humidity control more efficiently than conventional HVAC systems (see Figure 1). The cooling
demand to achieve the supply air conditions of temperature and humidity for HLDS is lower than for
conventional systems and post-heating is not required (Prieto, 2016). Additionally, the evaporator of
the vapor compression chiller may operate at higher temperatures, what enhances the COP of the
system. Moreover, the heating from the condenser can be used to regenerate the solution.
To optimize the performance of the overall system, a good matching between the LDS and the vapor
compression heat pump is required in terms of thermal capacities and operational conditions. In this
way, the electrical consumption of the system will be affected by these conditions and the thermal
capacities by increasing the overall COP (combined of the LDS and the vapor compression heat
pump) and reducing, at the same time, the waste heat to the ambient. Regarding this optimization,
Niu et al. (Niu et al., 2012) tried to find out the best way to match the two systems with the control,
by actuating through the rotation speed of the compressor, the solution flow rate and the air flow rate
in the condenser.
The main objective of this paper is to optimize the operational conditions of a HLDS (working
temperatures and liquid desiccant mass fraction) in terms of seasonal performance (minimizing the
annual electrical consumption of the compressor and the number of hours at discomfort conditions).
To obtain this, the HLDS that operates in a locker room of a sports center in Taipei (Taiwan) has
been modelled and simulated on TRNSYS.
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Room operative line
Conventional summer cycle
Hybrid liquid desiccant system cycle

Ambient
conditions

Room
conditions

1CS

Supply air
conditions

1HLDS

Figure 1: Conventional air handling unit cycle and HLDS cycle to control humidity and temperature
separately

2. MAIN SECTION
2.1.

Description of the HLDS

Fig. 2 illustrates a simple scheme of the demonstration unit of the HLDS studied which is coupled to
a vapor compression heat pump that provides, at the same time, heating to the regenerator and
cooling to the absorber. In addition, an air handling unit, of the variable air volume type, controls the
supply air temperature, with a cooling/heating coil, and the air flow rate, with the air fans. Return air
is used to regenerate the solution through the regenerator.
The system can operate either in summer or winter conditions because the hydraulic circuit can
provide either chilled water from the evaporator or hot water from the condenser of the vapor
compression heat pump to the coil inside the air handling unit.
Figure 2:

Schematic layout of the studied HLDS
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Liquid desiccant system
The main components of a LDS are the absorber and the regenerator, where the moist air is
dehumidified and the liquid desiccant is regenerated, respectively. Both processes take place by
direct contact between the moist air and the liquid desiccant. The liquid desiccant system (LDS)
contains non-adiabatic air-solution contactors of the falling-film with horizontal tubes type made of
titanium, which can endure the corrosion with the liquid desiccant material used, the LiCl/H2O
solution. Both air-solution contactors, absorber and regenerator, have the same dimensions. Table
1 shows their main specifications.
Table 1. Specifications of the air-solution contactors

Tube Material
Titanium
Contact surface (m2)
41.18
Tube thermal conductivity (W/m·°C)
22.0
Tube length (m)
0.68
Tower width (m)
0.47
Inside tube diameter (mm)
5.10
Outside tube diameter (mm)
6.50

Other components of the LDS are: a solution heat exchanger that preheats the solution going from
the absorber to the regenerator; two solution tanks; two solution pumps and two three-way valves.
Vapor Compression Heat Pump
Since chilled water is required for the absorber and the cooling coil (if the system is working in
summer conditions) and hot water is required for the regenerator (or the coil if the system is operating
in winter conditions), a water-to-water heat pump was decided to be used. The main problem while
using a standard water-to-water heat pump is to manage the different energy loads that will appear
when the system is operating. To solve this problem, a flexible vapor compression heat pump was
chosen. This heat pump contains two evaporators and two condensers. One evaporator and one
condenser are water cooled/heated and the others are air cooled/heated. In this way, the compressor
of the heat pump operates to follow the maximum load. This means that if the cooling load is the
highest, the compressor will operate to handle it, the water-cooled condenser will transfer part of the
heating and the air-cooled condenser will transfer the rest to the ambient, and the opposite. The heat
pump has not inverter, what means that the compressor operates in on/off. Figure 3 shows the vapor
compression heat pump COP as a function of the condenser outlet water temperature (Tcond) and
the evaporator outlet water temperature (Tchi). At nominal conditions (Tchi=7ºC and Tcond=30ºC), the
cooling capacity of the heat pump is 56 kW, the heating capacity is 60 kW and the COP is 3.0. The
maximum hot supply temperature of the condenser is 55ºC due to the system high pressure
limitations.
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Heat pump COP
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Figure 3: COP of the vapor compression heat pump as a function of the condenser outlet water
temperature and the evaporator outlet water temperature.

Air Handling Unit
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The air handling unit oversees both, supplying the moist air at the required conditions and
regenerating the liquid desiccant with the return air circuit. The main components of the system are
two fans coupled to frequency drivers, a heating coil and a cooling coil. The maximum volumetric air
flow rate is 2500 m3/h.
Hydraulic circuit
The hydraulic circuit provides the cooling and the heating from the evaporator and the condenser of
the vapor compression heat pump to the absorber, regenerator, heating coil and cooling coil. This
circuit is comprised of pumps, three-way valves, two-way valves and two buffer tanks.
Control system
The control of the system can be divided into four subsystems:
- Absorber, for the humidity control through a PID control that actuates on a three-way valve
for the chilled water.
- Regenerator, for the liquid desiccant regeneration control with a differential on/off controller
as a function of the LiCl mass fraction at the entrance of the absorber.
- Fans of the air handling unit, for the return air temperature control through a frequency driver.
- Heating and cooling coil, for the supply air temperature control through a PID control that
actuates on a three-way valve.
2.2.

Case Study

The case study is a locker room of a sports center in Taipei (Taiwan), which is an application with
very high internal latent loads in a city with a warm and humid climate.
Internal loads
Left graph of Figure 4 shows the monthly internal loads (sensible cooling, sensible heating, and
latent cooling) of the room, which are gotten from two locker rooms of a sports center in Taipei,
Taiwan. The locker rooms are closed in February for one week, for two weeks in August and for
three weeks in December. As it is observed from this graph, latent loads are always present and
represent a significant amount of the total loads. However, sensible heating is more important from
January to March and sensible cooling from April to November.
Weather conditions
The weather conditions are taken from Energy + Weather data available on their website. As a
summary of this data, the right graph of Figure 4 shows the monthly average ambient temperature
and humidity ratio. As can be observed from this graph, from May to October the weather is humid
and warm, these conditions are the most suitable for a liquid desiccant system. During the other
months, the weather is colder and dryer.
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Figure 4. Monthly internal loads (left) and monthly mean ambient temperature and humidity ratio
(right)

2.3.

Modelling

Modelling of the air-solution contactors
A new component of a non-adiabatic air-solution contactor has been developed. The physical
processes in the absorber and the regenerator are very similar, but the inverse. For instance, heating
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is required to regenerate the solution while cooling to dehumidify the air. For this reason, the same
equations have been used for both components.
The mathematical model is based on that described by Hellmann and Grossman (1995). This means
that the same equations inputs and outputs have been considered in the model. The main reason
why this model has been used is its relative simplicity because it can be modelled with algebraic
equations. Moreover, the model is experimentally validated by Gommed et al. (2004); and Gommed
et al. (2015). Furthermore, the thermo-physical properties of LiCl/H2O brine (the density, the
enthalpy, the specific heat capacity and the viscosity) have been adopted from Conde (2004)
formulations.
The input values required in the mathematical model are: the inlet moist air dry bulb temperature,
the inlet moist air humidity ratio, the inlet moist air mass flow rate, the inlet water temperature, the
inlet water mass flow rate, the inlet solution temperature, the inlet solution mass fraction and the inlet
solution mass flow rate. On the other hand, 12 variables are calculated: the outlet water temperature,
the outlet moist air humidity ratio, the outlet moist air temperature, the outlet solution mass flow rate,
the outlet solution temperature, the outlet solution mass fraction, the air-solution interface
temperature at the top, the air-solution interface mass fraction at the top, the air-solution interface
humidity ratio at the top, the air-solution interface temperature at the bottom, the air-solution interface
mass fraction at the bottom and the air-solution interface humidity ratio at the bottom. The
multivariable Newton-Raphson method has been used to solve the system of equations.
The model requires the heat and mass transfer coefficients to obtain the outlet parameters. For the
tube-solution heat transfer, a value of 675 W/m2·ºC has been used. For the tube-solution mass
transfer coefficient, a value of 0.05 kg/m2·s has been chosen. These are the values experimentally
achieved by Gommed et al. (2015).
Modelling of the solution tanks
A model of the solution tanks has been also developed. The storage capacity of the solution tanks
is related not only to the temperature of the liquid desiccant but also by the liquid desiccant mass
fraction. Consequently, the model of the liquid desiccant tanks must consider a changeable mass
inside them, as well as a variable liquid desiccant mass fraction.
The solution tanks model is based on energy and LiCl and total mass balance equations. Moreover,
complete mixing has been assumed. For the calculation of the water mass in each time step, it is
considered the amount of water content in the previous time step and the mass balance of water in
the tank in that time. For the calculation of the tank temperature in each time step, the energy balance
in the tank is formulated considering the temperature of the tank in the previous time step.
Modelling of the other components
The rest of the components have been gotten from standard libraries and TESS libraries (TESS
2014) available on TRNSYS. The solution heat exchanger and the air-air heat exchanger have been
modeled with the standard component of TRNSYS Type91. The cooling/heating coil has been
modeled with the standard component of TRNSYS Type5d. Pumps are modeled with the Type3b
from the standard libraries of TRNSYS. This is a pump with a constant flow rate. The liquid desiccant
flow rate has been set at 2.5 kg/s, which agrees with the measured values of the presented HLDS.
Diverting valves are modeled with the Type647 from the TESS libraries. Finally, the vapor
compression heat pump has been modelled with the Type668, which allows to include the
performance curves of a single stage water-to-water vapor compression heat pump.
2.4.

Results

Sensitivity analysis
The model has been used to perform a sensitivity analysis of three operational variables of the
system: the minimum LiCl mass fraction at the entrance of the absorber (a variable that is used to
activate the regeneration process), the inlet water temperature in the absorber and the inlet water
temperature in the regenerator. In this sense, the system has been simulated at 45 operational
conditions. The inlet water temperature in the absorber ranges from 11 °C to 15 °C and inlet water
temperature in the regenerator ranges from 50 °C to 54 °C. These temperature values agree with
the working temperatures that can provide the vapor compression heat pump. The maximum LiCl
mass fraction ranges from 25 % to 35 %. Maximum LiCl mass fraction at the entrance of the absorber
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(a variable that is used to stop the regeneration process) has been set as 2.5 % higher than the
minimum LiCl mass fraction.
The following annual variables of the system are analyzed:
-

The number of hours at discomfort conditions, which is counted whenever the room
temperature is higher than 26 ºC or lower than 22 ºC or whenever the room humidity ratio is
higher than 0.012 kgw/kgda. These criteria are in agreement with the suggested by ASHRAE
(ANSI/ASHRAE 2010).
The annual wasted thermal energy to the ambient, which is calculated as the sum of the
wasted energy in the evaporator and the wasted energy in the condenser.
The seasonal COP (SCOP) of the global system, which is calculated as the annual thermal
energy provided by the HLDS divided by the annual electric consumption of the heat pump
compressor:

-

SCOP =

-

∫ '̇) ·+,

Eq. (1)

∫ -̇. ·+,

The annual electrical consumption of the heat pump compressor.

Figure 5 shows the results gotten from the sensitivity analysis performed. The number of hours at
discomfort conditions mainly depends on the maximum LiCl mass fraction: the lower the mass
fraction the lower the number of hours of discomfort. This effect is mainly due to a higher cooling
capacity in the HLDS. The annual wasted thermal energy to the ambient is also mainly affected by
the LiCl mass fraction but in a reverse way. This is, the higher the LiCl mass fraction the lower the
waste heat to the ambient. In this case, this effect is due to more heating is required from the heat
pump to keep high LiCl mass fraction in the LDS, what reduces the condenser wasted heat to the
ambient.
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Figure 5. Sensitivity analysis of the HLDS.
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On the other hand, the SCOP of the system is mainly affected by the inlet regenerator water
temperature and the inlet absorber water temperature. The lower the regenerator water temperature
and the higher the absorber water temperature, the higher the SCOP. In this case, the higher cooling
capacity of the system with low LiCl mass fractions is compensated by the higher waste heat to the
ambient, what means that there is a maximum SCOP for LiCl mass fractions in the range of 30%. In
the same way, the electrical consumption of the heat pump compressor is also mainly affected by
the operational temperatures. The reasons are the same as for the SCOP.

Annual compressor consumption (kWh)

Optimization and monthly results
To select the operational conditions that optimize the seasonal performance of the system, the
results of the previous sensitivity analysis have been used in a multi-objective optimization analysis.
Figure 6 illustrates the electrical consumption of the compressor and the number of hours at
discomfort conditions of the simulated cases. Since the two variables should be minimized, the
Pareto front multi-objective optimization method can be used in this case. Darker points represent
the operational conditions that coincide with the Pareto front in both graphs.
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Figure 6. Electrical consumption of the compressor vs. the number of discomfort hours.
The selected point corresponds to a chilled water temperature equal to 13ºC, a hot water temperature
equal to 50 °C and a minimum LiCl mass fraction equal to 22.5 %.

Figure 7 shows the monthly results of the selected working conditions. It can be observed that the
system performance is very affected by the weather conditions. Moreover, the energy wasted in the
condenser mostly occurs in summer and the wasted energy in the evaporator during winter. The
annual wasted energy in the condenser doubles the annual wasted energy in the evaporator.
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Figure 7. Monthly results for the selected case
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3. CONCLUSIONS
A model of a HLDS developed on TRNSYS has been used to perform a sensitivity analysis in terms
of number of hours of discomfort conditions, the annual wasted heat, the SCOP and the annual
power consumption of the heat pump compressor as a function of three operational variables: the
chilled water temperature, the hot water temperature and the maximum LiCl mass fraction at the
entrance of the absorber. The LiCl mass fraction mainly affects the number of hours of discomfort
and the annual waste heat. In this sense, the lower the mass fraction the lower the number of hours
of discomfort and the higher the waste heat. The chilled water temperature and the hot water
temperature mainly affect the SCOP and the power consumption of the compressor. In this case,
the lower the hot water temperature and the higher the chilled water temperature, the higher the
SCOP and the lower the power consumption of the heat pump compressor.
The operational conditions that minimize the number of hours out of comfort conditions and the
power consumption of the heat pump compressor have been determined by a multi-objective
optimization analysis. The selected point corresponds to a chilled water temperature equal to 13 °C,
a hot water temperature 50 °C and a minimum LiCl mass fraction equal to 22.5 %.

NOMENCLATURE
LDS
Liquid desiccant system
SCOP Seasonal COP of the HLDS
HLDS Hybrid liquid desiccant system
T
Temperature (ºC)
Thermal
energy
ratio
provided
to
the
𝑄̇0
𝑊̇2
Power of the heat pump compressor (kW)
air (kW)
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ABSTRACT
Hybrid VRF (hVRF) systems enjoy reduced refrigerant charge and wider selection of refrigerants
compared to traditional VRF systems. However, due to relatively low heat transfer rate in the indoor
coil, hVRF system COP is 10% lower than a traditional VRF system COP. To solve the COP
degradation problem of hVRF system, a bi-objective optimization method was proposed for a waterbased hVRF system that uses bifurcating bare-tube heat exchangers (bBTHX) as the indoor coils.
The two objectives are minimizing bBTHX envelop volume and maximizing system COP. The
optimization problem is separated into two steps. First, refrigerant loop parametric analysis was
performed to determine the optimal water loop operating conditions. Next, bBTHX optimization was
conducted subjected to the constraints of capacity requirements from step one and dimension
limitations. Then we simulated the entire hVRF system with the optimal bBTHX designs and obtained
the Pareto front between system COP and bBTHX volume.
Keywords: Hybrid System, Compact Heat Exchanger, Optimization, COP.

1. INTRODUCTION
Hybrid variable refrigerant flow (hVRF) system is a new type of VRF system that hasn’t been widely
investigated and applied. Unlike traditional VRF systems (Fig. 1) that circulate refrigerants in indoor
units, hVRF systems (Fig. 2) circulate water (or other type of coolants) in indoor units. The refrigerant
exchanges heat with water in a heat exchanger (usually a plate heat exchanger inside the heat
recovery unit). This configuration eliminates the refrigerants inside the building. Thus, hVRF system
enjoys reduced refrigerant charge, wider selection of refrigerants and lower refrigerant-related
maintenance cost.

Figure 1: Traditional VRF system

Figure 2: Hybrid VRF system

Takenake et al. (2017) conducted a field test and found that despite all the benefits as stated above,
the hVRF system suffers from about 10% COP degradation comparing with the traditional VRF
system due to low water-side heat transfer in the indoor coils. They concluded that the indoor coil
design is crucial to improve the system efficiency. Huang et al. (2016) proposed a nature inspired
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novel heat exchanger based on finless bifurcating bare-tubes. The two key novelties of the coil
design are: (1) finless design with small diameter tube (0.5 - 5 mm) and (2) bifurcated tubes. Huang
et al. concluded that the bifurcation enhanced air-side heat transfer by creating 3D flow and improved
water-side heat transfer by boundary layer interruption and redevelopment. This novel heat
exchanger consists of two sections of tubes: the main tubes and the branch tubes as shown in Fig.
3. Main tubes are all vertical tubes whose outer diameter is noted as D1. The outer diameter of the
branch tubes is noted as D2. Longitudinal tube pitch (PL) is defined as the center-to-center distance
of two adjacent main tubes. The transverse tube pitch (Pt) is then defined as the center-to-center
distance of two adjacent rows, as shown in Fig. 4. Bifurcation angle (θ) is the angle between branch
tube and the center line.

Figure 3: Bifurcated tube structure

Figure 4: BTHX staggered pattern

Huang et al. (2018) applied the bifurcated bare-tube heat exchanger (bBTHX) as the hVRF indoor
coil to enhance the water-side heat transfer to solve the hVRF COP degradation problem. They used
multi-scale approximation-assisted optimization (Abdelaziz, 2009) for bBTHX design optimization.
The optimal bBTHX design has 65% lower envelop volume and 70% lower material volume than
those of traditional tube-fin heat exchanger (TFHX) while delivering the same capacity. The system
simulation results showed that by replacing TFHX with the optimal bBTHX design, hVRF system
COP can be increased by 10%, but is still 3% lower than the traditional VRF system COP.
The design optimization by Huang et al. (2018) was not conducted on the system level. Therefore,
the simulation work mentioned above does not guarantee that the hVRF system design was optimal.
To further improve the COP of the hVRF system, the current study proposes a two-step strategy for
hVRF system optimization. The objective is to find the optimal bBTHX designs that will result in the
maximum system COP. In the main section, the hVRF system design and the modelling approaches
for each component were described. Then the two-step hVRF system optimization method was
presented. Lastly, the optimization results were discussed.

2. MAIN SECTION
2.1.

Hybrid VRF System Design and Component Models

Fig. 5a shows the schematic of the water-based hybrid VRF system. It consists of a refrigerant
(R410A) loop on the top and a water loop in the bottom. The two parts are coupled by a plate heat
exchanger (PHX) through which the refrigerant and the water exchange heat. According to AHRI
VRF testing standard (AHRI, 2010), VRF systems should have at least two indoor units. Therefore,
in current study, two bBTHX indoor units are designed. The piping designs follow the hVRF system
data book (Mitsubishi, 2012). Pipe 1 (suction pipe) and pipe 2 (liquid pipe) are refrigerant pipes and
their lengths are 110 m. The diameters of pipe 1 and 2 are 16 mm and 9.5 mm, respectively. Pipe 3
and pipe 4 are water pipes. Their lengths are 60m, and diameters are 22 mm. The two water pipes
are both being elevated from the ground by 15 m.
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(b)

(a)

Figure 5: Schematic: (a) hVRF System, (b) VRF System

The modelling approach for each component in the hVRF system is as follows. The compressor
model is an isentropic efficiency-based model. The outdoor coil is modelled with the three-zone
approach. The plate heat exchanger is modelled with the finite-volume approach (Qiao et al, 2013).
The bBTHX indoor coil is modelled with ε-NTU method. The air- and water-side pressure drop and
heat transfer metamodels were generated from CFD simulations. Details about bBTHX simulation
can be found in Huang et al. (2017). The pump power consumption is evaluated by

Wpump = V!wDPw h pump

Eq. (1)

where 𝑉#̇ is the water volume flow rate, ηpump is the pump efficiency, assumed to be 0.5. ΔPw is the
water loop pressure drop, which is the pressure difference between point 1’ and 5’. The system COP
is defined as

COP =
2.2.

Q
Wcomp + Wpump

Eq. (2)

Optimization Approach

The design variables and their ranges for the hVRF system optimization are listed in Table 1. Tubes
per segment is the number of honey-comb structure along the longitudinal tube pitch (PL) direction
(see Fig. 3). The problem formulation is as follows:
Objectives:
max COP
min VbBTHX
S.T.
H £ 250 mm
L £ 900 mm
D £ 100 mm
Variable
type
Design
variable
Range

Table 1. Design variables and the ranges

Discrete
Tubes
per
segment
2-1000

Number
of rows
2-15

Continuous
Number
of
D1 (mm)
segments
2-20
0.5-5

PL/D1

Pt/D1

q (deg)

L1/L2

1.5-3

1.5-3

5-85

1.5-7.5

The optimization problem is to find the bBTHX designs with the minimum envelop volume that will
result in the maximum system COP, while satisfying the hVRF indoor unit dimension limitation (H ≤
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250 mm, L ≤ 900 mm, D ≤ 100 mm) that follows the hVRF system data book (Mitsubishi, 2012).
The bBTHX design affects the system COP by influencing the water loop steady-state operating
conditions, particularly the PHX water inlet temperature and water loop mass flow rate. Therefore,
the optimization can be split into the following two steps.
1. Refrigerant loop parametric analysis
The first step is the parametric analysis of the refrigerant loop on the water loop operating conditions.
We simulated the performances of the refrigerant loop in Fig. 5 at various water temperatures (T1’)
and water mass flow rates (𝑚̇&' ). In this step, system capacity is the capacity of the PHX. The water
loop pressure drop (ΔPw) in Eq.(2) is estimated by

DPw = DPPHX + 2DPpipe3 + DP!bBTHX

Eq. (3)

where ΔPPHX is the pressure drop of the PHX, 2ΔPpipe3 is the estimation of the total water pipe
pressure drop (assuming the pressure drops of pipe 3 and pipe 4 are similar), and ∆𝑃*+,-./ is the
assumed bBTHX pressure drop, which is 25 kPa. Then a series of optimum values of T1’ and 𝑚̇&'
were selected according to the simulation results of step one.
2. bBTHX optimization and baseline design
The second step is the bBTHX design optimization using the genetic algorithm. The baseline design
of the indoor unit is a tube-fin heat exchanger (TFHX), whose specification is shown in
Table 2.
Tube
per
bank
422

Tube
bank #
1

Table 2. Baseline design of indoor unit: tube-fin heat exchanger

Circuit
#
7

Tube
length
(m)
0.25

Tube
OD
(mm)
5

Tube
ID
(mm)
4.6

Tube
FPI
spacing
(mm)
21
22

H × L × D Volume
(mm3)
(cm3)
250 × 899 2562.1
× 11.4

The optimization formulation is as follows:

Objectives :
Min VbBTHX
S.T.
0.98 Qtarget £ QbBTHX £ 1.02 Qtarget
H £ 250 mm
L £ 900 mm
D £ 100 mm
ΔPbBTHX £ ∆𝑃*+,-./
where Qtarget is the system capacity calculated from step one. bBTHX water-side inlet conditions are
the outlet conditions of pipe 3 calculated from step one. The design optimization was conducted
multiple times because, for each pair of T1’ and 𝑚̇&' , there is a corresponding optimal bBTHX design.
Then, the entire hVRF system (refrigerant and water loop) with the optimized bBTHX designs was
simulated to obtain the Pareto front between bBTHX volume and system COP.
2.3.

Results and Discussion

2.3.1. Parametric analysis of water loop operating conditions
Fig. 6 shows the effect of water mass flow rate (𝑚̇&' ) and PHX water inlet temperature (T1’) on the
system capacity. As the value of 𝑚̇&' increases, system capacity first increases and then plateaus.
This trend is consistent for all water temperatures. At small values of 𝑚̇&' , the increase of water mass
flow rate results in larger water flow velocity in the PHX and thus better heat transfer. Therefore, the
larger water mass flow rate, the larger the system capacity. When 𝑚̇&' is increased to a certain value,
the refrigerant side outlet temperature in the PHX reaches the water inlet temperature (T1’), and thus
the system capacity can no longer increase with the increase of 𝑚̇&' . On the other hand, the increase
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of T1’ always leads to a larger capacity because of the larger refrigerant-water temperature difference
and higher refrigerant exit temperature in the PHX.

Figure 6: Effect of water mass flow rates and water temperatures on system capacity

Fig. 7 shows the effect of water mass flow rate (𝑚̇&' ) and PHX water inlet temperature (T1’) on the
system COP. As previously discussed, the increase of water mass flow rate (𝑚̇&' ) would result in
larger capacity at small 𝑚̇&' . On the other hand, larger water mass flow rate would result in higher
water loop pressure drop, and thus larger pump power consumption. Therefore, the system COP
first increases with 𝑚̇&' and then decreases. For each value of water temperature, the system COP
peaks at the water mass flow rate of 0.3 kg∙s -1.

Figure 7: Effect of water mass flow rates and water temperatures on system COP

The results of the parametric analysis indicate that to increase the system COP, the water loop
should be operated with water mass flow rate of 0.3 kg∙s -1 and T1’ as high as possible. However,
higher COP is associated with larger system capacity, and should result in larger volume of the
bBTHX design. To obtain the Pareto front between system COP and the bBTHX volume, we selected
6 operating conditions to perform bBTHX optimization, as shown in Table 3. The target capacity for
each bBTHX is half the system capacity, since there are two identical indoor units in the hVRF
system. T3’ and P3’ is the inlet water temperature and inlet water pressure of the bBTHX.
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No.
1
2
3
4
5
6

T1’ (K)
282
283
284
285
286
287

Table 3. Selected operating conditions for bBTHX optimization

𝑚̇&' (kg∙s -1)
0.3
0.3
0.3
0.3
0.3
0.3

Qsystem
6443.47
6613.49
6786.16
6961.46
7139.40
7320.22

bBTHX Qtarget (W)
3221.73
3306.75
3393.08
3480.73
3569.70
3660.11

T3’ (K)
276.89
277.76
278.62
279.47
280.33
281.19

P3’ (Pa)
273835.87
274015.63
274190.55
274360.81
274526.60
274688.11

2.3.2. Optimization results of the hVRF system
Table 4 shows the optimization results of bBTHX and the hVRF system using the optimized bBTHX
design. The results demonstrate that as the system operates at higher COP, the volume of the
optimized bBTHX design also increases. Therefore, the higher the system efficiency, the higher the
HX size and cost. Fig. 8 shows the Pareto front between the system COP and bBTHX volume,
together with the simulation result of the baseline indoor unit design (tube-fin heat exchanger). The
results show that largest bBTHX design brings 5.5% COP improvement and 50% HX volume
reduction comparing to the baseline result.
No.
1
2
3
4
5
6

Table 4. bBTHX optimization results and hVRF system results

Height (mm)
226
234
243
249
220
227

Optimized bBTHX design
Length (mm)
767
731
754
806
879
858

Volume (cm3)
257.20
376.28
407.48
513.99
891.68
1287.16

System results
COP (-)
Q (W)
2.957
6383.34
3.025
6579.28
3.089
6772.75
3.146
6940.55
3.223
7163.25
3.251
7259.07

Figure 8: Pareto front between system COP and bBTHX volume

Table 5 shows the comparison among 3 cases: VRF direct expansion system, hVRF system with
TFHX as indoor unit design, and hVRF system with bBTHX. Comparing with VRF direct expansion
system, hVRF system suffers 10% COP degradation with tube-fin indoor unit, and 4% COP
degradation along with 50% HX volume reduction with bBTHX design.
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No.
1
2
3

Table 5. Comparison between VRF and hVRF system results

System Configuration
VRF (Fig. 5b)
hVRF (Fig. 5a)
hVRF (Fig. 5a)

Indoor HX design
TFHX
TFHX
bBTHX

COP
3.39
3.08 (-10%)
3.25 (-4%)

HX Volume (cm3)
2562.1
2562.1
1287.2 (-50%)

To verify the consistency between the two steps of the hVRF system optimization, Table 6 compares
the refrigerant loop parametric analysis results and the hVRF system results with optimized bBTHX
designs. The values of T1’ and 𝑚̇&' from the two steps are highly consistent with each other. There
is slight deviation (<1%) in the system capacity and therefore system COP. This is due to the 2%
relaxation in the inequality constraint of the target bBTHX capacity.
Table 6 Comparison between the parametric analysis and the final results

T1’ (K)
282
283
284
285
286
287

Parametric analysis results
COP
Q (W)
𝑚̇&' (kg∙s -1)
0.3
2.978
6443.47
0.3
3.034
6613.49
0.3
3.091
6786.16
0.3
3.149
6961.46
0.3
3.208
7139.40
0.3
3.267
7320.22

T1’ (K)
281.7
282.9
284.0
285.0
286.2
286.7

Final system results
COP
𝑚̇&' (kg∙s -1)
0.3
2.957
0.3
3.025
0.3
3.089
0.3
3.146
0.3
3.223
0.3
3.251

Q (W)
6383.34
6579.28
6772.75
6940.55
7163.25
7259.07

3. CONCLUSIONS
Hybrid VRF systems use water in the indoor units and thus enjoys reduced refrigerant charge, wider
selection of refrigerants and lower maintenance cost comparing with traditional VRF systems.
However, the field test results by Takenaka et al. (2017) and the simulation results by Huang et al.
(2018) both show that the hVRF system COP is at least 10% less than the COP of traditional VRF
system.
To solve the COP degradation problem, a bi-objective optimization method was proposed for the
hVRF system that uses bifurcated bare-tube heat exchangers (bBTHX) as the indoor coil. The two
objectives are minimizing bBTHX envelop volume and maximizing system COP. The optimization
method consists of two steps. The first step is the parametric analysis of the refrigerant loop to
determine the optimal water loop operating conditions. The second step is bBTHX optimization
subject to the constraints of envelop limitation and capacity requirements. The required capacity,
and the inlet conditions for bBTHX in step two are calculated from the first step.
The results of the parametric analysis show that to increase the system COP, the water loop should
be operated with water mass flow rate of 0.3 kg∙s -1 and the controller water-side inlet temperature
as high as possible. However, higher COP is associated with larger system capacity, and thus would
result in larger volume of the bBTHX design. We selected 6 operating conditions from the parametric
analysis to perform bBTHX optimization. Then the entire hVRF system was simulated with the
optimal bBTHX designs to obtain the Pareto front between system COP and the bBTHX volume.
Compared with TFHX indoor unit design, the optimal bBTHX designs show at least 50% of envelop
volume savings. Compared with VRF direct expansion system, hVRF system suffers 10% COP
degradation with tube-fin indoor unit, and at least 4% COP degradation with bBTHX designs. Lastly,
the final results of the hVRF system were found to agree with the results from the refrigerant loop
parametric analysis.
The future work of this research may include the investigation of optimal indoor unit designs for
multiple operating modes, and for both full and part load conditions.
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NOMENCLATURE
bBTHX
D1
H
L
L2
P
Pl

DP

V
W
TFHX

h

bifurcated bare tube heat exchanger
main tube diameter (mm)
height (mm)
length (mm)
branch tube length (mm)
pressure (Pa)
longitudinal tube pitch (mm)
pressure drop (Pa)
volume (mm3)
power consumption (W)
tube-fin heat exchanger
efficiency (-)

D
D2
hVRF
L1
𝑚̇
PHX
Pt
Q
𝑉̇
T

q

depth (mm)
branch tube diameter (mm)
hybrid variable refrigerant flow
main tube length (mm)
mass flow rate (kg∙s -1)
plate heat exchanger
transverse tube pitch (mm)
capacity (W)
volumetric flow rate (m3∙s -1)
temperature (K)
bifurcation angle (deg)
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ABSTRACT
Personal cooling systems (PCS) enable 10-30% saving in building energy consumption, which takes
up 41% of US primary energy. An innovative PCS called Roving Comforter (RoCo) uses R134a
based vapour compression cycle (VCC) to provide cooling. To reduce environmental impact, it is
necessary to evaluate RoCo performance with low GWP refrigerants.
The condenser heat of VCC is stored in a phase change material (PCM) storage, which limits the
cooling operation duration. A recharge operation is conducted after the cooling operation.
A validated dynamic model (using Modelica) of VCC integrated with PCM is used to simulate the
cooling operation with R32, R1234yf, R1234ze(E) and R290.
The change in COP is +8%, -12% and -5% and -5% with R32, R1234yf, R1234ze (E) and R290
respectively. Dynamic pressure, mass flow rates, temperature and power are presented.
Keywords: Refrigeration, Low GWP Refrigerants, PCM, Personal Cooling.

1. INTRODUCTION
Portable personal conditioning systems (Dhumane et al. 2017) have the potential for providing
energy saving in space heating and cooling loads with improved thermal comfort. Roving Comforter
(RoCo) is one such system which uses a vapour compression cycle (VCC) to provide personal
cooling (Dhumane et al. 2019). The condenser heat from VCC is stored in a phase change material
(PCM) storage. Schematic of the operation of the latest RoCo prototype with heat pump operation
and graphite enhanced PCM is shown in Figure 1.
R134a is used as the refrigerant for the VCC. It is a hydrofluorocarbon (HFC) with zero ozone
depletion potential. However, it has a global warming potential (GWP) of 1430. The Kigali Agreement
under the Montreal Protocol will bring restriction on the use of R134a and it is necessary to evaluate
the performance of RoCo with other refrigerants. R32, R1234yf, R290 and R1234ze(E) have been
selected for this study. The current study models the latest prototype for both cooling and recharge
modes and four refrigerants.
Modelica (Modelica Association 2019) will be used for the analysis of the cooling mode of RoCo.
Model development for cooling mode is presented in Dhumane et al. (2019) will not be repeated for
brevity. Experimental validation for the cooling mode of this new prototype is presented here for the
first time. Details of the experiment conducted on this prototype are presented in Qiao et al. (2019).
Finally, results from both cooling mode and recharge mode for all the refrigerants are obtained from
simulation and analysed.
The new prototype of RoCo uses a heat pump operation for recharge (see Fig.1) instead of
thermosiphon operation in the previous prototype (Dhumane et al. 2018a). This eliminates the need
for a receiver and reduces the total refrigerant charge which is beneficial towards meeting safety
requirements for low GWP refrigerants for flammability. Additionally, a serpentine microchannel heat
exchanger is used for evaporator instead of a round tube plate fin type. This reduces the internal
volume of the system even more. A new model is developed for modelling this microchannel heat
exchanger, which is used as the evaporator of RoCo.
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Figure 1: Operating modes of RoCo; (left) cooling mode, (right) recharge mode

2. MODELING AND VALIDATION
The system simulation is carried out using Modelica. Model diagram for the simulation is shown in
Error! Reference source not found.. Details for modelling cooling system of RoCo can be found
in Dhumane et al. (2019).
A graphite enhanced PCM is used for the present investigation. Due to the lack of natural convection
based flows, the heat transfer can be modelled as a pure conduction problem. Details of this
approach and modelling have been shown in Dhumane et al. (2018b), while the test results can be
found in Qiao et al. (2018). For the current application, discretization is also carried out along the
refrigerant flow direction. Implementation details for these can be found in Alexiades and Solomon
(1993) and Patankar (1980). The PCM used is a commercial product containing 20% wt. graphite
and 80% wt. PCM. Its thermo-properties were evaluated using Eq. (1) to Eq. (6). The results are
summarized in Table 1. The correlation in Eq. (6) and Eq. (7) is obtained from the experimental work
of Py et al., (2001).
𝜌𝑏𝑢𝑙𝑘 = 𝛾𝜌𝑔𝑟
Eq. (1)
𝑉𝑔𝑟
Eq. (2)
𝛾=
𝑉𝑡𝑜𝑡
Eq. (3)
𝜌𝑒𝑓𝑓 = (1 − 𝛾)𝜌𝑃𝐶𝑀 + 𝛾𝜌𝑔𝑟
𝜌𝑔𝑟
𝜌𝑃𝐶𝑀
Eq. (4)
𝑐𝑒𝑓𝑓 = (1 − 𝛾)
𝑐
+𝛾
𝑐
𝜌𝑒𝑓𝑓 𝑃𝐶𝑀
𝜌𝑒𝑓𝑓 𝑔𝑟
𝜌𝑃𝐶𝑀
Eq. (5)
𝐿𝑒𝑓𝑓 = (1 − 𝛾)
𝐿
𝜌𝑒𝑓𝑓 𝑃𝐶𝑀
Eq. (6)
𝜌𝑏𝑢𝑙𝑘 4⁄3+0.17
𝑘𝑟𝑎𝑑 = 3 (
)
46
Eq. (7)
𝜌𝑏𝑢𝑙𝑘 2⁄3
𝜌𝑏𝑢𝑙𝑘 0.17
𝑘𝑙𝑒𝑛 = 3 (
) [2 − (
) ]
46
46
Table 1. Thermo-physical properties of PCM

Graphite
bulk density
(kg×m -3)

Graphite
volume fraction
(%)

182.6

8.1

Density
(kg×m -3)
1028.2 (solid)
954.7 (liquid)

Specific heat
capacity
(J×kg-1×K-1)
1945.4 (solid)
2264.8 (liquid)

Latent heat

Conductivity

(J×kg-1)

(W×m -1×K-1)

173000

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

23.8(rad),
5.5(len)

4011

Figure 2: Model diagram

The experiment setup includes a thermal expansion valve (TXV). Detailed physics-based model of
TXV requires information about its internal geometry. Due to its unavailability, the spring force
balance is calibrated using the experimental data to provide the required amount of superheat
temperature.

Figure 3: Assumptions in Microchannel Model
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The evaporator is a serpentine microchannel with louvered fins. All the refrigerant tubes have fins
on either side. End plates are present to clamp the outermost fins. The heat transfer areas and other
parameters necessary for its performance calculations are calculated based on the equations
presented in Shah and Sekulic (2003). The microchannel model is discretized along the refrigerant
flow direction and the airflow direction is modelled as lumped (See Figure 3). As per this assumption,
all the refrigerant ports are combined into a single equivalent passage with an equivalent hydraulic
diameter. The two-phase boiling heat transfer coefficient is evaluated using Kim and Mudawar
(2013a), two-phase pressure drop using Kim and Mudawar (2013b) correlation. Chang and Wang
(1997) is used to calculate airside heat transfer from the louvered fins. Fin efficiency is evaluated as
per the methodology presented by Hong and Webb (1996). All the fins (except those surrounding
end plates) are assumed adiabatic at the centre and provide heat transfer to adjacent refrigerant
tubes. The first and last refrigerant tube are modelled separately since they have more fin area for
heat transfer. The heat transfer area of end plates is also added to these refrigerant tubes. The
efficiency of heat transfer of end plates is assumed to be equal to that of the fins.
The results of the simulation are shown in Figure 4. The results are validated with experimental data,
where the cooling mode was run for 5.5 hrs before switching to the heat pump mode.

(a) Air Temperatures for Evaporator

(c) Compressor Power

(b) Cooling Capacity of Evaporator

(d) Suction and Discharge Pressure

(e) PCM Temperature Comparison

(f) Refrigerant Mass Flow Rate

Figure 4: Validation for cooling mode of RoCo
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The air inlet and outlet temperatures for the microchannel are plotted in Fig. 4(a). It can be seen that
the values match the experimental data within measurement uncertainty. The airside and refrigerant
side capacity matches exactly in the simulation, but in the experiment, the airside capacity is slightly
smaller due to losses, which may also explain the deviations. The refrigerant side measurements
are used to calculate the total capacity in the experiment and are compared with the simulation in
Fig. 4(b). The compressor model uses fixed efficiency values, which are calibrated to match the
power in Fig. 4(c). The suction and discharge pressures also show a good match (Fig. 4(d)). The
PCM control volume is discretized into 4 segments along the radial direction and 10 segments along
the tube direction. The temperatures from [4,1] and [4,10] control volumes are compared with
experimental data with thermocouples which were placed at 1 inch from top and bottom towards the
side of the PCM. Details of PCM geometry and thermocouple placement are available in Qiao et al.
(2019). The temperatures show a significant difference. The temperature transforming model (Cao
and Faghri 1991), which is used for modelling the PCM, distributes the latent heat equally over the
temperature glide range. However, in reality, this profile needs to be obtained from DSC
measurements. The properties of PCM composite also vary from sample to sample and also based
on the rate of phase change. Finally, the refrigerant mass flow rate is compared in Fig. 4(f).
The coefficient of performance (COP) for the experiment for the cooling operation is evaluated to be
3.82, while that for simulation is 3.75 for the period of 5.5 hours. Fan power is not included in the
evaluation of the coefficient of performance.

3. SIMULATION WITH LOW-GWP REFRIGERANT
To compare the performance of RoCo with different refrigerants, it needs to be initialized with the
same state as the R134a system. The ambient of the environmental chamber is 79°F (26.1°C). So,
the initial refrigerant pressure of the system is the saturation pressure of the refrigerant at this
temperature (shown in Table 2). Refrigerants having a higher enthalpy of vaporization will require
lesser mass flow to provide the same cooling. Also, higher thermal conductivity leads to better heat
transfer and lower viscosity leads to lesser pressure drops. Thus, the interplay of several parameters
makes it hard to predict the behaviour of the system. The resultant system behaviour is analysed
using system simulation, where the same amount of cooling capacity and the same superheat is
provided by each refrigerant. The system is initialized with the same refrigerant quality distribution.
Table 2: Properties of refrigerants (At 26.1°C)

Name

Saturatio
Vaporizatio Liquid specific
n
n enthalpy heat capacity
pressure
(kPa)

R134a

688

R32
R290
R1234yf
R1234ze
(E)

(kJ×kg-1)

(kJ×kg-1×K-1)

Vapour
Density

Liquid
viscosity

(kg. m -3)

(Pa×s-1)

1.429
1.949
2.749
1.3974

33.4

1.917e-4

1741
979
704

176.8
268.6
333.8
144.4

48.9
21.2
39.1

1.161e-4
0.973e-4
1.52e-4

515

166.1

1.397

27.2

1.874e-4

GWP
Liquid
thermal
conductivi
ty
(W×m (-)
1
×K-1)
0.083
1430
0.122
0.094
0.063

650
3
4

0.075

6

The operating conditions of RoCo with different refrigerants are shown in Figure 5. The interactions
of the various parameters from Table 2 on the system can now be easily evaluated. From Fig. 5(a),
we can observe that R32 and R290 operate at higher refrigerant pressures to provide similar
performance as R134a. But R1234yf and R1234ze(E) have almost similar operating pressures as
R134a. The suction and discharge temperatures are plotted in Fig. 5(b). All the refrigerants have a
similar suction temperature. This is because the refrigerant side heat transfer coefficient is much
higher than the airside. So the differences in the heat transfer coefficients do not cause a pronounced
difference. However, on the discharge side, these differences can be observed. Fig. 5(c) shows the
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refrigerant mass flow rates required to provide the same cooling capacity. The trend is inversely
proportional to the latent heat of vaporization (Table 2, third row). The cooling capacities were
matched as the requirement for comparison of the system and it can be seen that they match closely
on visual inspection (Fig. 5(d)). Also plotted in Fig. 5(d) is the compressor power.

(a) Suction and Discharge Pressures

(b) Suction and Discharge Temperatures

(c) Refrigerant Flow Rate

(d) Cooling
Power

Capacity

and

Compressor

Figure 5: Comparison of transient variables for RoCo with different refrigerants

The homogenous void fraction model is used for modelling the refrigerant flow. This model relatively
poor prediction of the total refrigerant charge. So, it is used only for qualitative comparisons here.
Since the base system is R134a, the charge amount is calculated with the R134a system charge for
normalization. COP of the system is also evaluated using the transient cooling capacity and
compressor power. The comparison of charge and COP is shown in Figure 6. It can be observed
that R290 requires the least system charge for operation. This is because of its highest latent heat
of vaporization among the refrigerants. Additionally, it can be seen that among the low GWP
refrigerants, R32 has the highest COP. From the operation point of view, R1234yf has the closest
operating pressures as R134a. This would mean that this could be used as a drop-in substitute.

(a) Coefficient of Performance

(b) Refrigerant Charge

Figure 6: Comparison of system variables
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4. CONCLUSIONS
The system model of cooling operation of RoCo is developed using Modelica and validated with
experimental data. A new model for microchannel is developed and used for modelling the cooling
mode of RoCo. The results are validated with experimental data conducted with R134a. Finally,
simulation is conducted to study the drop-in performance of RoCo with different refrigerants. R1234yf
operates at very close pressure values as R134a, while R32 has the highest COP. Propane R290
system requires the least charge for providing the same cooling capacity.

ACKNOWLEDGEMENTS
This research was supported by the Advanced Research Projects Agency - Energy (ARPA-E) under
Award DE-AR0000530 and Center for Environmental Energy Engineering (CEEE). The authors
acknowledge the support of the team members of the Roving Comforter Project.

NOMENCLATURE
c
k

specific heat capacity (J×kg ×K-1)
thermal conductivity (W×m -1×K-1)
-1

Greek
𝛾
volume fraction of graphite (-)
T
temperature (K)
Subscript
len
along length of tube
bulk PCM-graphite composite
eff
effective

L
V

latent heat capacity (J×kg–1)
volume (m 3)

𝜌
V

density (8.314472 J×mol–1×K–1)
molar volume (m3×mol-1)

gr
graphite
PCM phase change material
rad
radial
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ABSTRACT
Superheat control of refrigerant flow using thermostatic expansion valves (TEV) has been widely
employed in residential air conditioning and heat pump (RAC&HP). Subcooling control is an
alternative for refrigerant flow metering focusing on maximizing COP/HPF or capacity. An electronic
expansion valve (EEV) adjusts subcooling while an accumulator prevents liquid return. The paper
provides an experimental analysis on the performance of a RAC system with subcooling control.
Performance of the system was evaluated at different conditions, at nominal charge. Superheat and
subcooling control are compared. Refrigerant charge was also optimized at a single condition for
both superheat and subcooling control. Results show a 10.1% increase in COP using subcooling
control for indoor/outdoor temperatures of 20°C/40°C. Subcooling control provides a balance
between the increase in specific compression work and the increase in specific refrigerating effect.
Keywords: Air Conditioning, Electronic Expansion Valve, Optimization, Subcooling.

1. INTRODUCTION
Current RAC systems rely on superheat control to regulate refrigerant flow and prevent liquid intake
at the compressor suction. This method provides acceptable performance at relatively low cost, but
it is not optimal since superheat generates a dryout region in the evaporator reducing heat exchanger
effectiveness. Pottker and Hrnjak (2015a) have previously shown that controlling subcooling can
potentially increase system performance by 2.7%-8.4% in simulations comparing different
refrigerants. This increase in system efficiency by controlling subcooling is backed by theoretical
analyses (Sebas, 2006; Pottker and Hrnjak, 2012) showing that there exists an optimal subcooling
value capable of maximizing COP, as shown in Fig. 1 and equations 1, 2 and 3. An increase in
subcooling leads to higher condensing pressures and lower enthalpies at the expansion device inlet.
These two effects cause an increase in specific compression work and refrigerating effect,
respectively. A trade-off between the increase in compressor power and cooling capacity thus leads
to a maximum COP at a defined subcooling value. Automotive air conditioning systems have been
using integrated receivers and subcoolers (Yamanaka et al., 1997) to improve system performance
for a long time. Nevertheless, this component has not been adopted by residential system
manufacturers due to limitations with reversible cycles.
Δ𝑞 Δ𝑤
−
𝑞
𝑤
𝑞
𝐶𝑂𝑃 =
𝑤
𝑞
+
Δ𝑞
𝐶𝑂𝑃$ =
𝑤 + Δ𝑤

𝐶𝑂𝑃$ ≈ 𝐶𝑂𝑃 &1 +
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Figure 1: Schematic of cycles with/without subcooling in a T-h diagram (Pottker and Hrnjak, 2012)

Pottker and Hrnjak (2015b) also showed that the use of an internal heat exchanger reduces the
overall performance improvement from controlling subcooling since it competes towards mitigating
throttling losses. Xu and Hrnjak (2014) also investigated the use of subcooling control through a
RAC R410-A system experimentally and using validated. The authors showed that the COP
improvement is inversely proportional to the condenser size. They showed that control based on a
linear function of ΔTin can provide an acceptable control strategy. Pitarch et al. (2017a, b, c) have
also studied subcooling control in heat pump water heaters using natural refrigerants and concluded
that optimal subcooling may be obtained as a function of the temperature lift of the secondary fluid
or a fixed pinch point temperature difference may be used as a simpler control strategy to keep
performance close to optimal levels.
This paper aims to experimentally evaluate the impact of subcooling control on the performance of
a R410-A system. Refrigerant charge influence on the air conditioning system was investigated and
a fair comparison between the use of a thermostatic valve passively controlling superheat and an
electronic expansion valve actively controlling subcooling was performed.

2. FACILITY
The facility, shown in Fig. 2, is comprised of two environmental chambers that can maintain outdoor
and indoor temperatures within ± 0.5°C and absolute humidity ±2%. Each chamber uses a variable
speed wind tunnel with electric heaters and cooled glycol heat exchangers to simulate a range of
operating conditions. Humidity in the chambers can be controlled through steam injection.
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Figure 2: Layout of facility for performance evaluation
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The capacity is currently determined by both air side energy balance, and refrigerant side energy
balance. The average uncertainty for compressor, heaters and blowers power measurement is within
±0.2%. Air-side and refrigerant side capacity calculations have an expanded uncertainty of around
±4% and COP uncertainty is calculated to be ±5%.
The 2 Ton (7kW) R410-A residential reversible system used has a round-tube A-coil indoor heat
exchanger with a thermostatic valve (TXV) and a round-tube horizontal condenser with an electronic
expansion valve (EXV) for heat pump operation. Two EXVs were installed in the system in parallel
with its present expansion devices to allow subcooling control in both A/C and H/P operation modes.
Fig. 3 shows a diagram of the system cycle only. Table 1 shows the specifications for the heat
exchangers on the outdoor and indoor chamber.
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Figure 3: Schematic drawing of the air-conditioning system evaluated
Table 1. Residential system heat exchanger specifications
Outdoor heat exchanger
Indoor heat exchanger
Description
Two rows, eight circuits,
Two slabs, three staggered rows,
fin pitch 1.27 mm (20 fpi)
eight circuits, fin pitch 1.75 mm (14.5 fpi)
Face area
2.81 m2 (30.25 sqft)
0.689 m2 (7.42 sqft)
Core depth
0.038 m
0.056 m
Core volume
0.1068 m3
0.03858 m3
Air side area
153.53 m3
40.1 m3
3
Refrigerant side area
4.61 m
2.39 m3
Material
Aluminum louvered fins, copper tubes, vapor line O.D. = 22 mm, liquid line
O.D. = 9.5 mm

3. RESULTS AND DISCUSSION
Test conditions
Three outdoor air temperatures were selected to evaluate the improvement obtained by subcooling
control at different outdoor conditions. Table 2 summarizes the test matrix for the baseline data.
Indoor temperature was fixed at 20°C.The experiments followed the load requirements assuming a
linear load with its maximum at 40°C. Compressor speed was controlled through the system
interface although the control logic hard-limits maximum compressor speed to prevent excessive
wear on the compressor. These baseline test at 40°C were done at different refrigerant charges to
determine the optimal charge for the system using a thermostatic valve and compare it to a
subcooling-controlled system at its optimal charge.
Condition

Tcai
(°C)

Teai
(°C)

A
B
C

35
38
40

35
38
40

Table 2. Test conditions
Indoor air flow
Outdoor air flow
rate
rate
(SCFM / m3/s)
(SCFM / m3/s)
900 / 0.425
2100 / 0.9912
900 / 0.425
2100 / 0.9912
900 / 0.425
2100 / 0.9912

Compressor
setting (%)

Compressor
speed (RPM)

65
85
100

1950
2720
3240
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Refrigerant charge effect on subcooling control
To provide a fair comparison between superheat and subcooling control the optimal refrigerant
charge with a thermostatic valve at the baseline condition C was determined. Evaporator superheat
was regulated by the thermostatic valve which kept superheat at 3°C ± 0.5°C, and the optimal charge
found was of 8050 g. Using this charge as a baseline subcooling was then controlled by an EXV.
Refrigerant charge was added to the system to verify its effect on subcooling control performance,
Fig. 4 shows COP behavior with subcooling control at three different refrigerant charges. COPmaximizing subcooling increases as more charge is added to the system. At higher refrigerant
charges the system can operate at its COP-maximizing subcooling with a flooded evaporator. The
use of a thermostatic valve, on the other hand, suffers a significant penalty as charge is increased
beyond its optimal condition because overall evaporator performance does not change significantly
since dryout is always present, but compressor power is further increased. The optimal charge for
the system with TXV yields a COP-maximizing subcooling close to the one obtained at 9300g with
subcooling control, meaning that even with a small amount of dryout the optimal value of subcooling
is close when outdoor and indoor conditions are kept the same. Subcooling control with the higher
refrigerant charge can still achieve a 10.1% increase in COP when compared to a charge-optimized
TXV system.
4
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Figure 4: COP as a function of subcooling for three different refrigerant chargers

Fig. 5a and 5b, show the cooling capacity and compressor power vs. subcooling at condition C with
three different refrigerant charges. Since subcooling is being regulated by the expansion valve both
high-side and low-side pressures are affected by it, thus a maximum cooling capacity is observed
when the evaporator is flooded at the lowest evaporation pressure. Compressor power increases
monotonically with subcooling as expected due to rise in pressure difference as the expansion valve
is closed. The refrigerant charge seems to have a diminishing effect on cooling capacity as the
evaporator becomes fully flooded at the optimal subcooling, thus not yielding much change at the
higher charges. Compressor power also stabilizes at higher charges because keeping subcooling at
its optimal level results in the excess charge being stored in the accumulator.
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Fig. 5: Cooling capacity reaches a plateau as charge is increased at lower subcooling
level (a), while compressor power increases monotonically with subcooling (b)

The evaporator inlet pressure at COP-maximizing subcooling rises by 60 kPa from the lowest charge
to the nominal charge of 9300g, shown in Fig. 6a. This translates to an increase in 2°C of saturation
temperature, from 6.6°C to 8.6°C. Change in condenser inlet pressure at optimal subcooling is less
pronounced with an increase of only 40 kPa from the lower charge to the higher charge, meaning a
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saturation temperature difference of approximately 0.6°C, as seen on Fig. 6b. These results further
indicate that once the appropriate charge to optimize subcooling control is reached the excess will
be stored in the accumulator and any further increase will not affect system performance
significantly.
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Fig. 6: Cooling capacity reaches a plateau as charge is increased at lower subcooling
level (a), while compressor power increases monotonically with subcooling (b)

The P-h diagrams of the system running at its COP-maximizing subcooling with three different
charges, and with a TXV at its optimal charge are shown in Fig. 7. The temperature difference
between condenser outlet and outdoor air inlet almost coincide at the optimized system with TXV
and the COP-maximizing subcooling controlled system at the nominal charge of 9300g. This
behavior may be similar to what was observed by Pitarch et al. (2017a) where the optimal subcooling
is obtained at a specific temperature difference between condenser refrigerant outlet and secondary
fluid inlet which matches the temperature difference at the pinch point in the condenser. This effect
must be further investigated as it may allow system optimization through subcooling control based
on an indirect measurement of this temperature difference. Xu (2014) concluded that subcooling
could be modeled as a linear function of the difference between condensing temperature and
outdoor air inlet temperature, but implementation would still require computing subcooling, which
can be difficult due to its dependence on the measurement of the saturation pressure at condenser
outlet.
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Fig. 7: Operation of the system in two control modes: COP-maximizing subcooling
controlled system (at three different charges) and TXV system at its optimal charge

Specific compressor work is affected by the suction pressure change as the refrigerant charge is
increased, while high-side pressure rises only slightly. The accumulator also influences the
performance using a TXV. The superheat at compressor suction is around 13°C, therefore air-side
heat transfer between evaporator outlet and compressor inlet is significant.
Effect of subcooling control on performance
By controlling subcooling at the condenser outlet it’s possible to achieve maximum COP due to a
balance between the increase in specific cooling capacity and specific compression work. But when
comparing improvements obtained from subcooling control with modeling and experimental results
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the benefits in real application are generally more significant due to several effects that are neglected
to simplify models. This was observed by Feng and Hrnjak (2016) when analyzing a mobile heat
pump with subcooling control.
Figs. 8a and 8b show the evaporator outlet superheat and quality, and evaporator effectiveness as
a function of the subcooling. As previously mentioned, the evaporator will have a slightly wet outlet
when operating at the COP-maximizing subcooling. Evaporator outlet superheat measurement
becomes inaccurate at subcooling below 9°C because the temperature measurement of two-phase
flow outlet is too close to the saturation temperature defined by the evaporator outlet pressure
measurement. Slightly wet conditions seem to occur between 4°C and 9°C of subcooling. The
flooded evaporator will have a significant improvement in effectiveness which allows for higher
evaporation pressure, thus a lower specific compression work. At the COP-maximizing subcooling
the effectivess is around 75%, or about 25% higher than when the system operates with a TXV.
Because the outlet quality is still very close to 1 liquid intake should not pose threat to the scroll
compressor if the accumulator is large enough to store the excess charge. The 4 l accumulator used
in this system is oversized to protect the compressor during heat pump startup at low outdoor
temperature, when most of the charge will migrate to the outdoor unit.
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Fig. 8: Evaporator outlet is slightly wet at COP-maximizing subcooling (a), evaporator
effectivess is at 75% when COP is maximized, once dryout starts it drops (b)
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Pressures remain almost constant when the evaporator is fully flooded, as it’s more dependent on
the indoor air temperature, and the excess charge in the accumulator mitigates any changes in
pressure as the expansion valve is closed. As subcooling is further increased and the accumulator
is emptied both high and low side pressures become dependent on the subcooling, once this point
is reached the system is already above its COP-maximizing subcooling.
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Fig. 9: The accumulator dampens pressure changes at lower subcooling, but as the
EXV is closed the operating pressure becomes more dependent on subcooling

Subcooling has a stronger effect on the decrease of specific compression work than on the reduction
in specific cooling effect. This was also shown in Fig. 5, as the relative increase in cooling capacity
is about 13.2% while the decrease in compressor power was around 14.5%, and the mass flow rate
increased by 26.7%. As the pressure ratio is decreased with lower subcooling the compressor’s
global efficiency should increase. The combined effects of increased evaporator effectiveness and
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compressor efficiency lead to greater gains in performance from controlling subcooling when
compared to the use of a thermostatic expansion valve.
Effect of outdoor conditions on subcooling control
Based on the charge optimization procedure done at condition C a comparison between TXV and
COP-maximizing subcooling was done. Fig. 10 shows the performance at three different outdoor air
temperatures. Compressor speed was matched to provide the capacity following cooling load with a
TXV and a refrigerant charge of 9300 g. Subcooling control can provide maximum COP, but it also
significantly increases cooling capacity. By actively controlling the compressor speed an even
greater increase in performance could be obtained. When comparing COP with the charge-optimized
TXV system average COP increase is 8.5%.
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Fig. 10: COP for 3 different outdoor ambient temperatures following the cooling load.

Refrigerant charge was only optimized for the outdoor temperature of 40°C, thus results at lower
outdoor temperature may not reflect the best possible condition for a superheat-controlled system.
Nevertheless, the COP increase achieved through subcooling control is significant even at lower
ambient temperatures and shows a very promising development which requires only the use of an
electronic expansion valve and proper control strategy. COP-maximizing subcooling decreases from
5.1°C down to 3.1°C as the outdoor temperature is lowered from 40°C to 35°C.
Table 3 shows a brief comparison of relevant variables for COP-maximizing subcooling control and
superheat control at the optimal charge for condition C. These results are very promising as they
show that improvement from subcooling control is significant even at lower ambient temperatures.
Cooling capacity at these conditions are also above the original cooling load defined for the system.
A further reduction in compressor speed would provide even greater COP while still fulfilling the
required cooling load.
Table 3. Comparison between subcooling control with EXV at 9300g and with TXV at 8050g
Tcai (°C)
40
38
35
EXV
TXV
EXV
TXV
EXV
TXV
Qe (kW)
6.48
6.1
5.58
5.35
4.65
4.55
Wcp (kW)
1.74
1.81
1.32
1.35
0.84
0.89
Mr (g/s)
43.2
34.4
35.3
30.0
25.7
23.7
Tevap (°C)
8.4
4
8.6
5.4
10.8
8.1
Tcond (°C)
47.2
48.1
44.8
44.7
40.3
40.8
ΔTsup (°C)
0.5
3.0
0.9
2.7
0.8
2.8
ΔTsub (°C)
5.1
4.6
4.4
4.6
3.1
3.5
COP (-)
3.71
3.37
4.23
3.96
5.55
5.11

4. CONCLUSIONS
This paper presented an experimental analysis of subcooling control on a residential air conditioning
system. Refrigerant charge improves the performance of subcooling control until an excess amount
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refrigerant can be kept in the accumulator at the optimal subcooling level for the condition tested.
Subcooling control with an electronic expansion valve required 15.5% more charge than the use of
a thermostatic valve to reach optimal performance. By keeping subcooling at its optimal level the
evaporator operates at a higher effectiveness since its outlet is slightly wet and compressor power
is reduced due to lower pressure difference/ratio. When comparing subcooling control with an EXV
at different outdoor ambient temperatures with a charge optimized system using a TXV an average
increase in COP of 8.6% was observed. The temperature difference between condenser refrigerant
outlet and outdoor air temperature was kept almost constant with only a slight reduction. This
parameter may be used to indirectly control subcooling and maximize either COP or cooling capacity
without the requirement of pressure measurements.
Since pressure transducers can increase the cost of RAC system a thorough investigation on a
control strategy requiring only temperature measurements and further study of other effects on
subcooling control, such as air face velocity on both heat exchanger and different indoor ambient
temperature must be done to validate this approach COP-maximizing approach.
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NOMENCLATURE
A/C
AFR
cai
cond
cp
COP
ΔT
e
eai

Air conditioning
Air flow rate (m3 s-1)
condenser air inlet (subscript)
condensation (subscript)
compressor (subscript)
Coefficient of performance
Temperature difference (°C)
evaporator (subscript)
evaporator air inlet (subscript)

evap
EXV
h
H/P
M
Q
r
RAC
SC

evaporation (subscript)
Electronic expansion valve
Enthalpy (kJ kg-1)
Heat pump
Mass flow rate (kg s-1)
Capacity (kW)
refrigerant (subscript)
Residential air conditioning
Subcooling

SH
sub
sup
T
TXV
w
W

superheat
subcooling (subscript)
superheat (subscript)
Temperature (°C)
Thermostatic expansion valve
Specific work (kW kg-1)
Work/Power (kW)
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ABSTRACT
In this research, flat-heat-pipe heating system using phase change material (PCM) and
thermoelectric unit was firstly proposed. The flat heat pipe was utilized as a heating terminal in this
system, which made it have potential to achieve intermittent radiant heating for specialized
applications. Furthermore, the proposed system would be able to use solar energy to achieve a
higher energy efficiency owing to the integrated PCM. In addition, the thermoelectric unit, which
acted as an auxiliary heat source, was innovatively integrated with PCM and flat heat pipe. This
structure increases the heating coefficient of performance of thermoelectric unit and makes it
possible to apply the thermoelectric unit in the field of heating. The different components of the
heating system complemented each other and meant that intermittent heating could be achieved at
any time. The experimental results show that the heating terminal could be heated in only 500 s.
Moreover, the PCM was able to guarantee a heating temperature above 40 °C for 2520 s. When the
heat supplied by the PCM was insufficient, the thermoelectric unit provided the needed heat with a
coefficient of performance greater than 1.70. In addition, the thermoelectric unit had a heating
coefficient of performance of 1.35 to 1.54 when there was no heat stored in the PCM. Overall, this
novel heating system is capable of highly efficient intermittent heating.
Keywords: Heating System, Flat Heat Pipe, Phase Change Material, Thermoelectric Unit

1. INTRODUCTION
The building sector accounts for almost 20% of the total energy consumption in China (Huo et al.,
2018), most of which is related to heating-ventilation-air-conditioning (HVAC) systems. Thus, it is
very important to apply appropriate HVAC systems with high energy efficiencies in the building
sector. Among the various HVAC systems in the market, radiant heating systems have been widely
used in the building sector in recent years owing to their potential for higher energy savings and the
greater thermal comfort they provide (Imanari et al., 1999). Therefore, an increasing number of
people in China prefer radiant heating systems, especially in areas with hot summers and cold
winters. There are primarily two types of radiant heating systems that are widely used in China: one
is the electric radiator, which has a small thermal inertia but a low heating coefficient of performance
(COP), and the other uses heated water as the radiant source and thus has a higher COP but larger
thermal inertia (Ren et al., 2008). However, some regions in China, such as hot summer and cold
winter area, require intermittent heating rather than continuous heating (Chen et al., 2011).
Generally, the air temperature differences between days and nights are large and the heating
demand often occurs at night and the heating measures are often taken at night, especially around
7 pm to 10 pm. Moreover, the intermittent heating demands show more potential in some Tibetan
areas. It is very warm during the day owing to abundant solar energy, but it is extremely cold at night
(Sun et al., 2015). Therefore, intermittent heating is encouraged by the government in these areas
to balance the needs for energy saving and thermal comfort. Hence, radiant systems with both
acceptable COPs and small thermal inertia show great potential to be deployed in these areas.
In this research, we proposed an intermittent radiant heating system that includes both a terminal
and heat source. One of the novelties of this heating system is that the flat heat pipe, which is mainly
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applied in the heat transfer optimization field, was utilized as a heating terminal in the intermittent
heating system. The high heat transfer efficiency of the flat heat pipe makes the system having the
potential achieving the intermittent radiant heating. The other is that this system has a novel structure
of integrating the PCM and flat heat pipe with the thermoelectric unit. Although the thermoelectric
unit has higher heating COP than electric heating, the heat source at the cold side and the dissipation
at the hot side of the thermoelectric unit are the key points when applying thermoelectric unit in the
heating system. The application of PCM at the cold side and the flat heat pipe at the hot side
enhances the coefficient of performance of the thermoelectric unit significantly.
The radiant terminal is formed by a flat heat pipe with a microchannel structure, which allows it to be
heated rapidly. Meanwhile, the heat sources comprise a passive-heating phase change material
(PCM) and an active-heating thermoelectric unit. In areas requiring intermittent heating, heating
systems are not operated continuously. Thus, excess energy (e.g. solar energy) available during the
day time could be stored when there is no demand for heating. Accordingly, using a PCM shows
potential to yield energy savings in situations where there is a time difference between energy
acquisition and consumption (Moreno et al., 2014); in this research we thus used a PCM as a heat
source. However, considering the energy storage quantity of the PCM could be insufficient, an
active-heating measure was also included in our system. The thermoelectric component functions
via the Peltier effect without any moving parts or refrigerant and can be heated rapidly within a few
seconds. It absorbs heat from the cold side and heats the hot side when it is in operation. Hence, it
has a higher COP than electric heating. In this system, these two heat sources work harmoniously
with a flat heat pipe terminal, allowing us to achieve intermittent heating with a high response speed
and high energy efficiency.

2. MAIN SECTION
The aim of this research was to study a flat heat pipe radiant heating system integrated with a
thermoelectric unit and PCM for intermittent radiant heating for use in specialized locations. In this
research, an experimental system was built and its working characteristics were analyzed for a
comprehensive set of conditions. For the flat heat pipe, the heat response speed and heating
uniformity were studied and analyzed. Meanwhile, the thermoelectric unit was turned on when there
was not enough energy storage in the PCM. During operation, a heating COP analysis was
performed and the heat transfer process was also analyzed. For the PCM, both the energy storage
and release process were studied. This research provides a radiant heating system for areas where
intermittent heating is required.
2.1.

Experimental Method

The flat heat pipe heating system was built in a laboratory room where the indoor temperature was
controlled between 23 and 24 °C. A schematic and a photograph of the experimental heating system
are shown in Figs. 1 and 2. This heating system was driven by two water pumps, connected by
circulation water pipes and two three-way valves. The heating system consisted of three parts: the
heating terminal, the PCM heat storage unit, and the heater. The heating terminal (top panel of Fig.
1) had three main parts, namely the heat exchange tank, the thermoelectric unit, and the flat heat
pipe. The thermoelectric unit (TEC12706) had two sides, the hot side and cold side, with dimensions
of 0.04 m × 0.04 m × 0.005 m (L × W × H). The hot side was connected to the bottom of the flat heat
pipe (dimensions of 0.5 m × 0.04 m × 0.2 m), while the cold side was in contact with the heat
exchange tank (Fig. 3). Both interfaces were covered uniformly with a thermal grease compound for
better heat conductivity. When heated water flowed through the heat exchange tank, the heat was
transferred to the flat heat pipe through the thermoelectric unit. When the water was insufficiently
heated, and the set heating temperature could not be reached, a steady DC power was applied to
the thermoelectric unit and it could supply the heat deficit.
The PCM heat storage unit was a passive heat source in the system; the PCM heat storage unit was
made of stainless steel (0.3 m tall and 0.06 m in diameter). The circulation water flowed into the
PCM heat storage through a tube and was then divided into eight streams (bypasses) in separate
tubes (Fig. 4) for better heat transfer. The PCM heat storage unit was filled with the PCM, namely
inorganic salt and various additives. The main physical properties of the PCM are shown in Table 1.
The PCM used here is solid at room temperature and begins to absorb heat and liquefy when the
ambient temperature reaches 54 °C. There are two reasons we chose this PCM: one is that 54 °C
is a common temperature for solar-heated hot water, which makes it possible to simulate the

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4027

application of solar energy. The other is that 54 °C is close to common heating temperatures.
Therefore, this PCM was chosen as an energy storage unit. The PCM heat storage unit provided the
storage and supply of energy in this system, the heat transfer process of which was accomplished
by heat transfer with the water circulation system.
The heater was a water tank with an electric heater, the power of which was adjustable. It simulated
the heat exchange with the external environment, in particular energy acquisition processes, such
as via solar energy conversion. When the heating system was not working, the system collected the
solar energy and stored it in the PCM heat storage unit. Overall, it worked as the energy exchange
(with the external environment) component of this system. Characteristics of the key components of
the heating system are listed in Table 1.
Table 1. Physical characteristics of the PCM
Component

Crystallization
temperature(°C)

inorganic salt,
additives

54-58

enthalpy
(KJ/kg)
225

density
（g/cm3）
1.28(liquid)
1.40(solid)

Figure 1: Schematic of the experimental system
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Figure 2: Photograph of the experimental system
1 flat heat pipe

2 thermoelectric unit

3 heat exchange tank

4 PCM heat storage unit 5 three-way valve

6 pump

7 heater

Figure 3: The heating terminal of the system
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Figure 4: The PCM heat storage unit

2.2.

Experimental Conditions

The heating system was designed for locations where there is a demand for intermittent heating,
such as in the Tibetan area in China. The air temperature difference between day and night is large
and the heating demand often occurs at night. Additionally, solar energy sources are adequate
during the daytime. Thus, several working conditions of this heating system were proposed for
efficient intermittent heating during the whole heating season.
During the daytime, solar energy was adequate and the water in the circulation system was heated.
When there was an indoor heating demand, the heated circulation water flowed into the heating
terminal and heated the indoor environment through the flat heat pipe. With the assumption that
there is no heat loss from the TEC unit to the environment (less than 2%), the heat (𝑄ℎ𝑐 ) was
conducted from the heat exchange tank to the flat heat pipe through the thermoelectric unit; this
process can be describe by
𝑄ℎ𝑐 = 𝐾0 𝐹(𝑇𝑤 − 𝑇𝑓 )

Eq. (1)

where 𝐾0 is the total thermal conductance between the heat exchange tank and the flat heat pipe
[Wm −2 K−1]; 𝐹 represents the heat exchange area between the flat heat pipe and the tank [m 2]; and
𝑇𝑓 and 𝑇𝑤 represent the average temperature of the flat heat pipe and the circulation water [K]. The
heat was ultimately dissipated from the flat heat pipe to the indoor environment by radiation and the
convection described by
𝑄ℎ𝑐 = ℎ𝐴(𝑇𝑓 − 𝑇0 )

Eq. (2)

where ℎ is the averaged coefficient of the heat transfer of the flat heat pipe, which was measured in
[34] to be 5.73 [W m −2 K−1]; 𝐴 represents the dissipation area of the flat heat pipe; and 𝑇0 is the indoor
air temperature [K]. This heating circulation is indicated by loop 1 in Fig. 1. When there was no
heating demand or excess solar energy was available, the heated circulation water was distributed
into the PCM heat storage unit, which is indicated by circle 2 in Fig. 1. The PCM was heated and the
excess energy was stored in the PCM heat storage unit.
At night, there might be a demand for heating in the room. If there was energy stored in the PCM
heat storage unit, circle 3 in Fig. 1 started running. The water flowed into the PCM heat storage unit
and was heated via a heat exchange. The heated water then flowed into the heating terminal, and
the temperature of the flat heat pipe rose rapidly to achieve intermittent heating. When the heat
stored in the PCM heat storage unit was not sufficient to satisfy the required heating demand, the
active heating system, namely the thermoelectric unit, was turned on to compensate. When the
thermoelectric unit was working, it absorbed heat (𝑄𝑐 ) from the heat exchange tank and released
heat to the flat heat pipe (𝑄ℎ ). According to the simplified energy equilibrium model [24], 𝑄𝑐 and 𝑄ℎ
can be expressed as
𝑄𝑐 = 𝛼𝐼𝑇𝑐 − 0.5𝐼 2 𝑅 − 𝐾(𝑇ℎ − 𝑇𝑐 )
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𝑄ℎ = 𝛼𝐼𝑇ℎ + 0.5𝐼 2 𝑅 − 𝐾(𝑇ℎ − 𝑇𝑐 ).

Eq. (4)

where 𝛼 is the Seebeck coefficient of the thermoelectric material [V/K]; 𝐼 represents the current
through the thermoelectric unit [A]; 𝑇𝑐 and 𝑇ℎ are the cold and hot side temperature of the
thermoelectric unit, respectively [K]; 𝑅 is the electrical resistance of the thermoelectric unit [Ω]; and
𝐾 is the thermal conductance of the thermoelectric unit [W m −2 K−1]. Therefore, the input electric
power (𝑃𝑇𝐸𝐶 ) of the thermoelectric unit can be described as
𝑃𝑇𝐸𝐶 = 𝑄ℎ − 𝑄𝑐 = 𝐼 2 𝑅 + 𝛼𝐼(𝑇ℎ − 𝑇𝑐 ).

Eq. (5)

Furthermore, the heating coefficient of performance (COPℎ ) is given by:
COPℎ = 𝑄ℎ /𝑃𝑇𝐸𝐶 .

Eq. (6)

When the thermoelectric unit was in operation, the heat acquired by the flat heat pipe mainly
consisted of two parts: the thermoelectric unit heat (𝑄ℎ ) and the heat conduction from the heat
exchange tank (𝑄ℎ𝑐 ). The heat equilibrium of the flat heat pipe is thus given by:
Eq. (7)

𝑄ℎ𝑐 + 𝑄ℎ = ℎ𝐴(𝑇𝑓 − 𝑇0 )

If there was no heat stored in the PCM heat storage unit, circle 1 in Fig. 1 would be taken into
operation. The cold side of the thermoelectric unit absorbed heat from the circulation water system
and transferred the heat to the hot side to heat the flat heat pipe. The circulation water exchanged
heat with the external environment through the heater, which in an actual application could be a solar
hot water pipe.
In this experiment, the surface temperature of the flat heat pipe was measured by the
thermocouples with an accuracy of 0.1°C and the temperature of the PCM was measured by
the thermal resistance with an accuracy of 0.2°C.
Several operation conditions are summarized in Table 2.
Table 2. Experimental operation conditions of the heating system
Condition

PCM heat
storage unit

Thermoelectric
unit

Heater

Direct heating from heater: there is
heating demand in daytime
PCM charging: affluent energy is stored
in the PCM during the daytime
PCM discharging for heating: the energy
stored in PCM is utilized for intermittent
heating at night
PCM discharging with thermoelectric
concurrent heating: the energy in the
PCM is insufficient
Thermoelectric heating: there is no
thermal storage in the PCM.

Affluent energy
for charging
Charging

Off

On

Circle
in
Fig.1
1

Off

Off

2

Discharging

Off

Off

3

Discharging

On

Off

3

-

On

Heat
exchang
e

1

2.3.

Experimental Results

2.3.1. "Direct heating from heater" condition
This condition simulated a heat demand in the daytime, and the heating terminal was heated by the
heater directly. When the flat heat pipe was heated, the surface temperatures at the bottom, middle,
and upper section of the pipe (𝑇1 , 𝑇2 , 𝑎𝑛𝑑 𝑇3 ) were tested. The experimental heating procedure was
roughly divided into 5 stages, which are illustrated in Fig. 5. In the first 600 s of stage 1, the water in
the heater was heated to around 65 °C (± 0.2), which simulated water in a solar heater. Once there
was indoor heat demand, the circulation water system started up and the heated water was pumped
into the heat transfer tank, which then heated the flat heat pipe. Stage 2 showed the initial heating
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stage of the flat heat pipe. The flat heat pipe was heated rapidly. However, there was a decrease in
the rate at which the temperature rose owing to the water in the heater and circulation system mixing.
Thereafter, the mixed water was heated to a set temperature, and the temperature of the flat heat
pipe rose further to a stable state. The temperature rise in both stage 1 and 2 took less than 500 s
to reach a steady state, thus executing intermittent heating excellently. During stage 4 with its stable
heating, the average heating temperature was around 44 °C. In addition, there was a vertical
temperature difference of 1.7 °C on the surface of the flat heat pipe. When ending indoor heating,
the water circulation system was stopped, and the flat heat pipe allowed to cool naturally. Stage 5 in
Fig. 5 shows that the flat heat pipe could cool down naturally in less than half an hour. Overall, the
flat heat pipe achieved intermittent heating when heated by the heater directly.

Fig. 5. Heating characteristics of the flat heat pipe when heated from the heater directly

2.3.2. PCM discharging for heating
At nightfall, the heat stored in the PCM heat storage unit can be released to the indoor environment
through the flat heat pipe. In this experimental condition, the charging process of the PCM is
completed in advance. Then the circulation water system is turned on to carry heat from the PCM to
the flat heat pipe. Fig. 6 illustrates the discharging process of the PCM when it releases heat to the
flat heat pipe. In this experiment, the hysteresis of melting and solidification for the PCM is neglected
for its time scale is relatively smaller. The trends in the temperature changes were similar, but also
considerably faster compared with the natural discharging process. The 𝑇4 refers to temperature of
the inner position of the PCM unit while the 𝑇5 refers to the outside position. The temperature of the
PCM dropped to 49.2 °C in the first 920 s, namely the sub-cooling stage. Then the PCM was further
heated to 55.8 °C by the heat generated by the phase transition, before it was cooled down to the
natural indoor environment.

Fig. 6. Discharge characteristics of the PCM heat storage unit

The reason the PCM discharged faster was that it heated the flat heat pipe at the same time. Fig.
7 shows the heating characteristics of the flat heat pipe heated by the PCM storage unit. When the
heated water flowed into the heat exchange tank, the flat heat pipe was heated in 400 s. The surface
temperature of the flat heat pipe changed with the change in temperature of the PCM, and both
curves showed the same trend. Further, there were almost no differences in the temporal
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temperature change characteristics between the PCM and the flat heat pipe. In other words, the flat
heat pipe had good heat response characteristics and could deliver intermittent heating. In addition,
the flat heat pipe had an average heating temperature of 40 °C in the first 2040 s with a vertical
surface temperature difference of 1.1 °C.

Fig. 7. Heating characteristics of the flat heat pipe heated by the PCM heat storage unit

2.3.3. PCM discharge concurrent with thermoelectric heating
As the discharging process of the PCM continued, the average temperature of the PCM
decreased, which made the heating temperature of the flat heat pipe decrease as well. Thus, over
time the heating temperature could not satisfy the indoor heating demand and an auxiliary heat
source was necessary. The thermoelectric unit worked as an auxiliary heat source in this system
that absorbed heat from the PCM and increased the temperature of the flat heat pipe further. Fig. 8
shows the heating and working characteristics of the system. The temperature is displayed on the
left ordinate, while the voltage (V), power (W), and COP are shown on the right ordinate. The COP
was calculated by the Eq. (6) based on the 𝑄ℎ and the power measured in the experiment. It can be
seen from the temperature curve that the thermoelectric unit was switched on when the average
surface temperature of the flat heat pipe was below 40 °C at 2520 s. Then, the av erage surface
temperature was controlled to around 40 °C by adjusting the voltage of the thermoelectric unit.

Fig. 8. Heating and working characteristics of the system concurrent with thermoelectric heating

The voltage of the thermoelectric unit (𝑈𝑇𝐸𝐶 ) increased from 0 to 2.05 V during the experimental
process as the power (𝑃𝑇𝐸𝐶 ) changed from 0 to 6.97 W. The heat the flat heat pipe gained was owing
to heat conductance from the heat exchange tank (𝑄ℎ𝑐 ) and from the thermoelectric unit (𝑄ℎ ). As the
temperature of the PCM decreased, 𝑄ℎ𝑐 decreased while 𝑄ℎ increased. The calculated heat COP of
the thermoelectric unit is also shown in Fig. 10. At the position of the thermoelectric unit, the heating
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COP was very high, which was caused by the high hot side temperature ( 𝑇ℎ ) and the small
temperature difference between the hot side and the cold side. As the 𝑈𝑇𝐸𝐶 increased, more heat
was supplied by the thermoelectric unit and the heat COP decreased fast initially and then slowly.
After 6090 s, the thermoelectric unit had a heating COP of 1.70. Without the thermoelectric unit, the
average surface temperature would decrease to 30 °C. Overall, the thermoelectric unit was a good
auxiliary heat source owing to its practical feasibility and high heating COP.
2.3.4. Thermoelectric heating
In an actual intermittent heating application, the situation might occur that no energy is stored in the
PCM. We tested for this, and when there was a heating demand, the thermoelectric unit was turned
on. It absorbed heat from the water circulation system and heated the flat heat pipe. Further, the
water circulation system exchanged heat with the external environment through the heater, which
worked as a heat exchanger with the environment in this system.

Fig. 9. Heating and working characteristics when the thermoelectric unit worked alone

For this experimental condition, three different voltages were set for the thermoelectric unit in the
experiment, namely 2.5, 3.0, and 3.5 V. When the thermoelectric unit turned on, the flat heat pipe
reached a stable heating state in 320 s. For 2.5 V, the heating COP of the thermoelectric unit was
around 1.54 and the flat heat pipe reached a heating temperature of 38.5 °C. For 3.0 V, the heating
COP decreased to 1.49 while the heating temperature increased to 42.5 °C. As the temperature
difference between the cold side and hot side of the thermoelectric unit increased, the COP
decreased. When the voltage was increased to 3.5 V, the heating temperature increased to 45.6 °C.
Meanwhile, the heating COP of the thermoelectric unit decreased to 1.35. During the whole
experimental process, the flat heat pipe had a vertical surface temperature of 1.3 °C. Overall, this
heating system was able to heat intermittently (with an activation time of below 320 s) and had a
comparatively acceptable heating COP above 1.35.

3. CONCLUSIONS
A flat heat pipe intermittent heating system integrated with a PCM and thermoelectric unit was
proposed and experimentally studied in this research. This heating system had a rapid heating
response during radiant heating and has the advantage of being able to use solar energy during the
day based on the local climate. In addition, the application of the thermoelectric unit as an auxiliary
heat source allows the heating system to function at any time with an acceptable heating COP. In
addition, the thermoelectric unit has advantages of compact in size and high installability. In this
research, an experimental rig was set up and the working characteristics of the heating system were
analyzed; it was found to have the following benefits:
• Rapid radiant heating response time of less than 500 s
• The PCM guaranteed a heating temperature greater than 40 °C for 2520 s.
• The thermoelectric unit had a heating COP greater than 1.70 when working as an auxiliary
heat source, while the COP was 1.35 to 1.54 when working alone.
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The heating COP of the thermoelectric unit increased as the temperature of the cold side increased.
Thus, the combination of the thermoelectric unit and the PCM increased the heating COP and made
it possible to apply the thermoelectric unit in real applications. Moreover, the combination of heat
pump and this system might show greater performance for the reason that the heat pump could
produce hot water with higher efficiency. This heating system can store solar energy during the day
and releases that heat to the indoor environment at night through the flat heat pipe. Several working
conditions of the heating system were studied in this research. Overall, this heating system is
applicable to hot summer and cold winter and Tibetan areas, which has abundant solar energy and
which has a large difference in the air temperature between day and night.
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NOMENCLATURE
T

The measured temperature [K]

I

The average temperature of the
circulation water [K]
The cold-side temperature of TEC
unit [K]
The heat absorbed from environment
by TEC unit [W]
The heat conducted from the heat
exchange tank to the flat heat pipe
[W]
Electric current [A]

R

Electrical resistance of TEC unit [Ω]

Tw
Tc
Qc
Qhc

h
A

α

The averaged coefficient of the
transfer of the flat heat pipe [W
K−1]
The dissipation area of the flat
pipe [m2]
Seebeck
coefficient
of
thermoelectric unit [V/K]

Tf

The average temperature of the flat heat
pipe [K]

T0

The indoor air temperature [K]

Th

The hot-side temperature of TEC unit [K]

Qh

The heat released to flat heat pipe from
TEC unit [W]

PTEC

The power of TEC unit [W]

UTEC The voltage power [V]
The total thermal conductance between
K0
the heat exchange tank and the flat heat
pipe [Wm−2 K−1]

heat
m−2 F
heat

t

The heat exchange area between the flat
heat pipe and the tank [m2]
Experimental time [s]

the
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ABSTRACT
In most residential heat pump systems, the refrigerant flow has been controlled with focus on
preventing liquid intake at the compressor suction. The use of electronic expansion valves allows
new control methods to be employed. One of the methods proposed is to control subcooling at the
condenser outlet keeping the system at maximum efficiency or capacity. The paper presents an
investigation based on ideal cycle analysis and experimental data of a residential heat pump system
on the performance and possible subcooling control strategies. Subcooling control was able to
improve performance by 8.6%, 7.4% and 5.9% for outdoor ambient temperature of, 0C, -5C and 10C, respectively. A simple linear regression of the subcooling and discharge superheat based on
the condensation and evaporation temperature difference can be used to achieve maximum
efficiency. The use of discharge superheat to indirectly control subcooling provides an accurate and
stable method of maximizing heating performance factor, but requires correction based on the
refrigerant charge of the system.
Keywords: Air Conditioning, Control (Generic), Domestic Heat Pump, Electronic Expansion Valve,
Optimization, Subcooling.

1. INTRODUCTION
Cost reduction of electronic expansion valves (EXV) have enabled the widespread use of these
components in residential air conditioning and heat pump systems. Despite the ability to fully control
the expansion device to possibly maximize efficiency or capacity, most implementations still rely
solely on superheat control. While controlling superheat can deliver acceptable performance and
prevent any liquid intake at the compressor suction, it also presents some issues with minimum
stable superheat which may lead to hunting (Chen et al., 2002). Performance improvement ranging
from 2.7%-8.4% for mobile air conditioning systems have been obtained by Pottker and Hrnjak (2012
and 2015). The authors also showed that the potential for increase in coefficient of performance is
inversely proportional to the size of the condenser. Xu and Hrnjak (2014) also obtained COP
improvement in a residential air conditioning system with subcooling control when compared to the
use of a conventional thermostatic expansion valve (TXV).
Heating performance factor (HPF) improvement by means of subcooling stems from the overall
greater relative increase in specific heating capacity as opposed to the specific compression work
as the condensation pressure rises with higher subcooling. Fig. 1 and Eq. (1) and 2 illustrate the
change as subcooling is increased in a T-h diagram, as the high-side pressure increases the
enthalpy change on the condenser will be improved by the lower expansion device inlet enthalpy
and higher discharge enthalpy, while only the increase in discharge enthalpy will boost specific
compression work.
𝛥𝑞#$%& = 𝛥𝑞 + 𝛥𝑤
𝐻𝑃𝐹′ =

𝑞#$%& + 𝛥𝑞/012 + 𝛥𝑤
𝑤 + 𝛥𝑤
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𝑤
𝑞"#$%
Figure 1: Schematic of cycles with/without subcooling in a T-h diagram (Pottker and Hrnjak, 2012)

Subcooling control in a heat pump water heater was able to significantly improve HPF when
compared to a zero subcooling system (Pitarch et al., 2017). The authors also determined the higher
performance was a consequence of higher exergy efficiency on the condenser and expansion device
due to overall lower temperature difference between refrigerant and water in the condenser and
decreased enthalpy at the expansion valve inlet.
Subcooling control may also be done indirectly through different variables, such as keeping a
constant condenser approach (Hervas-Blasco et al., 2018) or even controlling discharge superheat
(Tanawittayakorn et al., 2012; Menken et al., 2014).
In this paper the performance characteristics of a residential heat pump with subcooling control were
assessed, and possible alternative subcooling control strategies were investigated. Results at the
system’s optimal points were compared to the data with evaporator outlet superheat control.

2. FACILITY
Figure 2 shows the full schematic for the facility used in this study. Two environmental chambers
simulate indoor and outdoor conditions and can keep temperatures within ± 0.5°C and absolute
humidity ±2%.
4WV: 4-way valve
ABL: Air blender
ACC: Accumulator
AIR: Air
BL: Blower
CC: Charge compensator

CD: Condenser
CP: Compressor
DP: Differential pressure transducer
DPS: Dew-point sensor
EGC: Ethylene glycol chiller
EGHX:
Ethylene
glycol
heat
exchanger

ERH: Electric resistance heater
EV: Evaporator
EXV: Electronic expansion valve
FN: Flow nozzle
MF: Muffler
MFM: Mass flow meter

P: Absolute pressure transducer
SI: Steam injection
T: Type-T thermocouple
TCG: Thermocouple grid
TXV: Thermostatic expansion valve
VFD: Variable frequency drive
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Figure 2: Layout of facility for performance evaluation

Compressor, heaters and blowers power measurement is within ±0.2% and the expanded
uncertainty for air-side and refrigerant side capacity calculations of approximately ±4%. Heating
performance expanded uncertainty is estimated to be around ±5%.
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An off-the-shelf reversible residential 2 Ton (7kW) R410-A system with a round-tube A-coil indoor
heat exchanger and a round-tube horizontal condenser with an electronic expansion valve (EXV)
was installed in the facility. A separate EXV was installed on the outdoor unit to allow full control over
the expansion process and the charge compensator was closed off from the system to prevent it
from destabilizing subcooling control. The cycle diagram is shown in figure 3, the TXV on the indoor
unit acts as a check valve during heat pump operation. Specifications for the indoor and outdoor
heat exchangers are shown in Table 1.
INDOOR

EXV
T

T

P

O.EXV

T

T
Mr

P

T

Outdoor
HX

P

4WV

CP

MF
P

DP

Indoor
HX

OUTDOOR

DP

T

P
T

EXV

TXV

CC

T
P

ACC

Figure 3: Schematic drawing of the air-conditioning system evaluated
Table 1. Residential system heat exchanger specifications
Outdoor heat exchanger
Indoor heat exchanger
Description
Two rows, eight circuits,
Two slabs, three staggered rows,
fin pitch 1.27 mm (20 fpi)
eight circuits, fin pitch 1.75 mm (14.5 fpi)
Face area
2.81 m2 (30.25 sqft)
0.689 m2 (7.42 sqft)
Core depth
0.038 m
0.056 m
Core volume
0.1068 m3
0.03858 m3
Air side area
153.53 m3
40.1 m3
3
Refrigerant side area
4.61 m
2.39 m3
Material
Aluminum louvered fins, copper tubes, vapor line O.D. = 22 mm, liquid line
O.D. = 9.5 mm

3. RESULTS AND DISCUSSION
Ideal cycle analysis of potential benefits from subcooling control in heat pump systems
To evaluate the potential for HPF improvement in a heat pump cycle a similar analysis as the one
performed by Pottker and Hrnjak (2012) was implemented based on the cycle represented in Fig. 1.
Eq. (3) shows an approximation for the increase in specific heating capacity for an ideal cycle
assuming constant evaporation pressure and an increase in subcooling, as well as condensation
pressure. Eq. (4) shows the original specific heating capacity and finally eq. (5) is the relative
increase in specific heating capacity based on the higher subcooling.
<=

≅<GHIJK

899:99;
89:9;
𝛥𝑞#$%& ≅ ℎ
@@@
56 − ℎ5 + 𝑐𝑝
A.# C𝛥𝑇#,$ F

Eq. (3)

𝑞#$%& = ℎ5 − ℎ#,L1M,0 + ℎNO.#

Eq. (4)

Δ𝑞#$%& ℎ56 − ℎ5 + 𝑐𝑝
@@@A.# CΔ𝑇#,$ F
=
𝑞#$%&
ℎ5 − ℎ#,L1M,0 + ℎNO.#

Eq. (5)

Considering an increase in subcooling of 5 K, and an increase in condensation temperature of 1 K
table 2 shows the resulting relative increase in specific compression work, heating and cooling
capacities. An initial condensation temperature of 45°C and evaporation temperature of 5°C were
used in this analysis. The relative improvement in specific heating capacity is about 10% lower than
the increase obtained for the cooling capacity. This decreased benefit in performance is mostly due
to the overall larger initial heating capacity. Generally, a lower liquid specific heat and enthalpy of
condensation leads to greater improvement from subcooling. The fluid used in this study’s
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experimental analysis is R410a, which shows the highest relative increase in specific heating
capacity among the refrigerants included in this analysis.
Table 2. Ideal cycle analysis of performance improvement from subcooling for a heat pump
𝚫𝒒𝒆𝒗𝒂𝒑
𝚫𝐪𝐜𝐨𝐧𝐝
𝚫𝒘
𝑪𝒑𝒍.𝒄
𝒉𝒇𝒈𝒆
𝒉𝒇𝒈𝒄
𝒒𝒆𝒗𝒂𝒑
𝐪
𝒘
𝐜𝐨𝐧𝐝
Refrigerant
(kJ kg-1K-1)

R410a
R134a
R1234yf
R290
R717
R600a

2.002
1.516
1.431
2.97
4.967
2.575

(kJ kg-1)

215.1
194.7
160.7
367.5
1244
350.1

(kJ kg-1)

(%)

148.4
157.6
128.6
295.8
1075
305.1

(%)

2.256
2.155
2.079
2.168
2.463
2.149

(%)

6.055
4.996
6.043
5.202
2.376
4.668

6.696
5.499
6.681
5.749
2.357
5.104

The analysis was also done for lower evaporation temperatures to evaluate how much improvement
could be obtained as the heat pump load in increased due to lower outdoor ambient temperatures.
Fig. 4a and 4b show the change in relative change of the heating capacity and specific compression
work as the saturation temperatures are varied, respectively. For a fixed condensation temperature,
the decrease in Δqcond/qcond as the evaporation temperature drops is not as significant as the
decrease in Δw/w which should lead to potentially higher performance improvement as the outdoor
air ambient temperature is decreased. Since this analysis is based on an ideal cycle the isentropic
efficiency of the compressor is not considered, but the effect obtained at lower evaporation
temperatures should mitigate the decrease in compressor efficiency due to higher compression
ratios and possibly lead to good performance improvement even at low outdoor ambient
temperatures.
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Figure 4: Relative change in specific heating capacity and compression work as a
function of condensation and evaporation temperatures

Test conditions
The heat pump system was tested at three different outdoor ambient temperature 0°C, -5°C and 10°C. The outdoor chamber was initially run with the glycol chiller to dehumidify it and mitigate
frosting on the evaporator allowing for near-dry test conditions. The refrigerant charge of 6685g was
selected to maximize HPF at -5°C, and to guarantee enough subcooling at -10°C to achieve its
optimal point. Indoor temperature was fixed at 21.1°C by using the glycol loop chiller and a PID
controlled electric heater. Compressor speed was set based on the maximum speed as a function
of the outdoor ambient temperature per the manufacturer’s data. This system maxes out its
compressor speed at -5°C to protect the compressor when running at low outdoor ambient
temperatures. The baseline selected was a charge optimized system using an EXV with 3K
evaporator superheat control.
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Condition

Tcai
(°C)

Teai
(°C)

A
B
C

21.1
21.1
21.1

0
-5
-10

Table 2. Test conditions
Indoor air flow
Outdoor air flow
rate
rate
(SCFM / m3/s)
(SCFM / m3/s)
900 / 0.425
2000 / 0.944
900 / 0.425
2000 / 0.944
900 / 0.425
2000 / 0.944

Compressor
speed (RPM)
4500
5700
5700

Effect of subcooling control on heat pump performance

Heating capacity (kW)

8.5
8

3

ΔTsub= 6.5K

Qcond

2.9

7.5

2.8

7
6.5

Opt.
charge
ΔTsup= 3K

6

Wcomp

5.5

2.7

HPF

2.6

5

2.5
0

2

4

6

8

10

12

14

16

HPF and compressor work
(-, kW)

Condition B was used to analyze the effect of subcooling control on heat pump performance, figure
5 shows the heating capacity, HPF and compressor work as a function of subcooling. This condition
presented the highest capacity between all three conditions and thus resulted in a HPF-maximizing
subcooling of 6.5 K. The heating capacity and HPF were improved by 17.6% and 7.4%, while the
compressor power increased by 9.5% when compared to the charge optimized 3K superheatcontrolled system.

18

Indoor temp.: 21.1°C
Outdoor temp.: -5°C

Subcooling (K)

Figure 5: Heating capacity, HPF and compressor work vs. SC for condition B
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Pressure ratio (-)
Comp. suction superheat (°C)

Mass flow rate (g s -1)

The charge optimized superheat control results in approximately the same HPF-maximizing
subcooling as the one achieved with active subcooling control indicating that a
evaporator/compressor suction superheat based control should only be able to provide maximum
HPF at the condition it was charge optimized. Compression ratio at the optimal points is close, but
the mass flow rate is significantly reduced for a superheat-controlled due to the higher specific
volume at the compressor suction.

Indoor temp.: 21.1°C
Outdoor temp.: -5°C

9.5
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7.5
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Indoor temp.: 21.1°C
Outdoor temp.: -5°C

Figure 6: a) Mass flow rate and compression ratio, b) Compressor suction and
evaporator outlet superheat, vs. subcooling for condition B

Figure 7 shows the P-h diagram comparing the HPF-maximizing subcooling point (6.5 K) with the
evaporator outlet superheat controlled point (3°C). Evaporation pressure was increased by about 50
kPa while the condensation pressure was reduced by approximately 75 kPa. These changes in
pressure results in a significant reduction of the compression ratio which leads to higher compressor
efficiencies and increased mass flow rate. These results indicate that by controlling subcooling the
overall evaporator and condenser heat transfer coefficients can be improved thus reducing the
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temperature difference between refrigerant and air. The improvement in capacity also means that
the further reduction in compressor speed can further improve performance while matching the
required load for the system.
6x103
5x103

EXV-5435g - 95 Hz - SH=3 K - SC=4.5 K - Mr=32.8 g s -1 - HPF=2.71
EXV-6685g - 95 Hz - SH=0 K - SC=5.5 K - Mr=40.3 g s -1 - HPF=2.92 (+7.4%)
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Figure 7: P-h diagram for the HPF-maximizing SC and the charge-optimized SH-controlled point at
condition B

3

65
60
55
50
45
40
35
30
25
20

7185g

2.9

6185g

6685g

0

2

4

6

8

10

12

Subcooling (K)
(a)

6185g

2.7

2.6

6.5K

2.5

7185g

Indoor temp.: 21.1°C
Outdoor temp.: -5°C

6685g

2.8

HPF (-)

Discharge superheat (K)

Discharge superheat control may also be used as a variable to indirectly control subcooling and
maximize performance and/or capacity. Figure 8a shows the relationship between discharge
superheat and subcooling for the system under three different refrigerant charges. Because both
variables follow a monotonic function it should be possible to use them interchangeably to optimize
the system. Control based on discharge superheat should have lower sensitivity to temperature
sensor uncertainty and no issues with stability since its minimum value is always greater than zero,
but its dependency on charge must to be considered to generalize the control strategy. Subcooling
control, on the other hand, is not significantly affected by refrigerant charge allowing for optimal
control without requiring self-correction based on the system charge, as shown in figure 8b.
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Figure 8: Compressor discharge superheat vs. subcooling for condition B

Subcooling control of a heat pump system under different outdoor conditions
The HPF-maximizing subcooling is directly correlated to the load or heating capacity on the system,
as shown in the comparison between subcooling control in conditions A, B and C (Fig. 9a and 9b).
Figure 9b shows that the maximum heating capacity decreases at condition C due reduced mass
flow rate caused by the limitation of compressor speed to 5700 RPM (95 Hz), which is the same
speed as condition B. Overall HPF improvement when compared to a 3°C superheat-controlled
system is of 8.6%, 7.4% and 5.9% for conditions A, B and C, respectively. Heating capacity is
improved by 12.0%, 17.6% and 12.5% for conditions A, B and C, respectively, due to the increased
mass flow rate since the evaporator is flooded and the compressor suction is admitting refrigerant
with qualities in the range of 0.95-0.99.
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Fig. 9: HPF (a) and heating capacity (b) vs. subcooling for conditions A, B and C.
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HPF results differ from the ideal cycle analysis partly because the compressor speed is fixed for
conditions B and C and also because compressor efficiency drops significantly as a function of the
increased pressure ratio when outdoor ambient temperature is decreased while indoor air
temperature is kept constant, shown in figure 10a. Figure 10b shows that the discharge superheat
for all three conditions follows a monotonic trend as a function of subcooling and its HPF-maximizing
value increases as the outdoor temperature is decreased.
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Fig. 10: Pressure ratio (a) and discharge superheat (b) vs. subcooling for A, B and C.

𝛥𝑇Lcd.#e$ = 𝑇#e$.L1M − 𝑇#e$

Eq. (6)

Δ𝑇Lc2.#2e$ = 𝑇#2e$ − 𝑇#2e$.L1M

Eq. (7)

Δ𝑇L1M = 𝑇#e.L1M − 𝑇/e.L1M

Eq. (8)
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Based on these results two different control strategies can be derived to provide a simple HPFmaximizing method: subcooling or discharge superheat based on the saturation temperature
difference. These approaches should provide a control method based on the current capacity of the
system considering the limitation of compressor speed at lower outdoor ambient temperatures. Eq.
(6), (7) and (8) define the variables used in these two control methods and figure 11 shows a linear
regression for subcooling and discharge superheat.

Saturation temperature difference ΔTs a t (°C)
Indoor temp.: 21.1°C

Fig. 10: Subcooling and discharge superheat control based on ΔTSAT
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Discharge SH control can provide a more precise control based on ΔTSAT while also being more
stable since it cannot be zero and has a higher value, minimizing its sensitivity to the sensors’
uncertainties. But it’s dependent on the refrigerant charge, thus requiring a correction based on the
charge of the system. SC control is less sensitive to the charge, but the control is less accurate and
less stable due to its proximity to the saturation point. Because both strategies are based on
refrigerant side variables, which could lead to instability during startup, the initial control may be
based on suction SH and later switched to the strategies presented.

4. CONCLUSIONS
This paper investigated the performance and possible strategies of a SC-controlled residential heat
pump system. The ideal cycle analysis showed that as the outdoor temperature decreases the
performance improvement from SC also increases. Experimental results presented an HPF increase
of 8.6%, 7.4% and 5.9% for outdoor ambient temperature of, 0C, -5C and -10C, respectively. The
HPF improvement decreases as the load increases, or outdoor ambient temperature, drops because
higher pressure ratios lead to a decline in compressor efficiency. Finally, a control strategy based
on discharge SH as a function of ΔTSAT was shown to provide more precise control while also being
more stable due to its non-zero condition, and less sensitive to temperature sensor uncertainties
due to its higher values, but due to its charge-sensitivity it must be corrected based on the refrigerant
charge of the system.
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NOMENCLATURE
a
cond
c

@@@
𝑐𝑝

cp
COP
ΔT
e
evap
EXV

Air (subscript)
condensation (subscript)
condenser (subscript)
Specific heat (kJ kg-1°C-1)
compressor (subscript)
Coefficient of performance
Temperature difference (°C)
evaporator (subscript)
evaporation (subscript)
Electronic expansion valve

fg
h
HPF
i
l
M
o
q
Q
r

vaporization (subscript)
Enthalpy (kJ kg-1)
Heating performance factor (-)
inlet (subscript)
liquid (subscript)
Mass flow rate (kg s-1)
outlet (subscript)
Specific capacity (kJ kg-1)
Capacity (kW)
refrigerant (subscript)

sat
SC
SH
sub
sup
T
TXV
v
w
W

saturation (subscript)
subcooling (K)
superheat (K)
subcooling (subscript) (K)
superheat (subscript) (K)
Temperature (°C)
Thermostatic expansion valve
vapor (subscript)
Specific work (kW kg-1)
Work/Power (kW)
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ABSTRACT

The performance of a hybrid solid desiccant (combination of desiccant wheel and vapor
compression) system depends on heat recovery from the condenser of vapor compression system,
the performance of the desiccant wheel and heat wheel. The performance of the desiccant wheel
depends on regeneration temperature, wheel speed, flow rate and flow area for hot and cold fluids.
Some research works have been carried out to increase the performance of hybrid desiccant cooling
system with various affecting parameters. However, the heat recovery from the condenser exhaust
has very limited experimental work. Keeping these things in mind, an attempt has been made to
study the effect of the heat recovery from the condenser. It is observed that heat recovery from the
condenser is not sufficient to meet the heating requirement for regeneration air. However it can
reduce the heating requirement. As a result, the COP of the system increases from 2.8 to 3.45 for
100% fresh air. This result corresponds to regeneration temperature of 60oC for hot and humid
climate in Roorkee, India.
Keywords: desiccant, regeneration, air condition, hybrid

1. INTRODUCTION
Air-conditioning (AC) demands efficient control of both temperature and humidity. Hybrid cooling
systems combines more than two cooling systems so that overall system performance can be
improved with the use of low grade thermal energy sources. In the present study, a hybrid system
which combines vapor compression air conditioning system with solid desiccant wheel and heat
(enthalpy) wheel system is investigated. The removal of latent heat and sensible heat loads are
taken care separately by the system. Solid desiccant wheel removes latent load whereas vapor
compression and heat wheel are used to remove sensible load. To reduce the consumption of
electrical energy and to achieve a higher energy efficiency, hybrid solid desiccant cooling system is
proposed as an alternative to conventional vapor compression system. These systems will be cost
effective where 100% fresh air is required.
Our system consists of solid desiccant wheel, a sensible heat wheel heat exchanger, electrical heater
and vapor compression air conditioning system. Process air after desiccant wheel gets dehumidified
with the increment of its temperature as heat of adsorption is released to it. The heated process air
exchanges sensible heat with heat wheel and consequent sensible cooling by vapor compression
system and then it is supplied to the room. Exhausted heat from the condenser of vapor compression
air conditioning system is used to preheat the regeneration air going to the desiccant wheel after
electrical heater.
Desiccant dehumidifier is a device by which moisture from wet air gets removed without air being
cooled below its dew point. Instead, it relies on the ability of hygroscopic adsorption of water on to
its surface. In the process of adsorption, a thin layer of molecules of water vapor formed and adheres
to the substrate surface of desiccant material. On one operation (dehumidification), the desiccant
material becomes saturated with water and has to be regenerated through a drying process on
another operation (desorption).
The literature review reveals that various authors differ in their evaluation of the effectiveness of
these systems. This seems to be due to different methods of modelling of dehumidifier and
differences in the operating conditions of the cycles employed.
Several researchers have worked on different types of hybrid systems (Burns et al. 1985; Sheridan
Mitchell 1985; Maclaine-Cross and Banks 1972). The performance of a first generation prototype
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desiccant integrated hybrid system was investigated by Worek and Moon (1972) through
establishing a numerical model of the system. They used their system to utilize waste heat rejected
from a vapor compression cycle, to directly activate a solid desiccant dehumidification cycle. They
found that at the same level of dehumidification, 60% performance improvement over vapour
compression system was obtained at Air-conditioning and Refrigeration Institute (ARI) design
conditions. As the outdoor humidity ratio was increased the performance of hybrid system
decreased. Analysis of the performance of four hybrid cycles for a typical hot-dry and hot humid
weather, based on the analogy method of Maclaine-Cross and Banks (1972) were done by Dhar and
Singh (2001). Subramanyam et al. (2004a, 2004b) studied the effect of design variables and also
the application of desiccant wheel to control humidity. System coefficient of performance was found
sensitive to regeneration temperature and humidity ratio (Jani et al. 2015). Jani et al. (2016a, 2016b,
2016c, 2016d, 2016e, 2016f) studied the suitability of the solid desiccant cooling to supplement the
traditional VCR system for hot and humid climate. Effect of room sensible heat factor, ventilation
mixing ratio, and regeneration temperature were analysed. Yadav et al. (2013, 2014, 2015)
intensively studied operating parameters of solid desiccant wheel. The effect of change in ambient
conditions as well as effectiveness of desiccant wheel and sensible regenerator were studied by
Panaras et al. (2010), on overall performance of desiccant cooling system. Results show that solid
desiccant-based hybrid air conditioning systems can give substantial energy savings, compared to
the conventional vapour compression refrigeration based air-conditioning systems.
Considering literature reviews, we found a scarcity of research in the area where the heat of
condenser exhaust being used for the regeneration of desiccant wheel. So, an effort has been made
to examine experimentally the performance of hybrid solid desiccant air conditioning system. Along
with the performance of the hybrid air conditioning system in terms of COP, variations of other
parameters such as moisture removal rate (MRR) of desiccant wheel, effectiveness of desiccant
wheel and heat wheel were also studied.

2. EXPERIMENTAL SETUP
In this paper, a hybrid desiccant dehumidification system that recovers the condensing heat from the
vapor compression air conditioning unit to remove moisture from the air (typically hot and humid
weather condition) is experimentally investigated. Figure 1 shows the schematic diagram of the
hybrid air-conditioning system which operates on ventilation mode. It consists of rotary solid
desiccant dehumidification wheel, a heat wheel as counter flow heat exchanger and a conventional
vapor compression air conditioning unit. In present study, hybrid solid desiccant cooling system has
three air streams. First one is process air (1-2-3-4-5) through desiccant wheel, heat wheel and
evaporator of vapor compression system. Second one is the regeneration air (6-7-8-9) for desorption
of the desiccant wheel. Third one (6-10) is passed through heat wheel to precool the process air
from desiccant wheel. Five fans are used in for air circulation. One is at outlet of desiccant wheel on
process side (at state 2), another one is at outlet on regeneration side (at state 9). One is at the outlet of heat
wheel at state 10. There are 2 others fans in cooling coil assembly (one is after cooling coil and another is for
condenser) whose power consumption is small have been neglected.

3. TEST PROCEDURE
Initially, humid air (state 1) gets dehumidified (state 2). The effect of heat of adsorption and heat
transferred from the regeneration air stream due to rotation of desiccant wheel increase the
temperature of the dehumidified process air after desiccant wheel (state 2). This results in higher
temperature at the exit than at the inlet (state 1).
Heated processed air after dehumidifier gets cooled by the heat wheel, acting as heat exchanger
with the ambient air to state 3 and then is allowed to pass through the cooling coil of conventional
vapor compression air conditioning system for further sensible cooling to attain the required comfort
temperature for the space (state 4). On the regeneration side, ambient air after recovering the heat
from the condenser of conventional vapor compression air conditioning system, passes through
electrical heater where it is heated to a specific temperature (state 8). After this, heated air is passed
through the desiccant wheel to regenerate the wheel by desorption process and exhausted to
ambient (state 9). In desiccant wheel, flow area for the process side is three times more than that of
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regeneration side whereas in heat wheel, sectorial flow area is equally divided for process and
regeneration air. The regeneration air temperature is controlled with an adjustable 3.6 kW electrical
heater. The third air stream drawn from the ambient is forced by a fan to pass through a cross-flow
heat wheel, to pre-cool the process air from the desiccant wheel and then is allowed to escape to
ambient as exhaust (state 10). When temperature and humidity of the system attains steady state
conditions, various measurements are taken. It takes about thirty minutes for the system to reach
steady state.
As per ASHRAE (1997), for human comfort, the desired condition is 26°C and 50%. In the present
Regeneration section
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Dehumidification
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Figure 1 Hybrid solid desiccant cooling system with use of condenser exhaust for regeneration

case, a test room having volume 37.6 m3 has been selected for the experimental study. Total cooling
load of the test room was calculated to be 2.1 kW out of which 1.7 kW is sensible load and latent
load is 0.4 kW (Kulkarni et al. 2011). The capacity of the cooling coil assembly is 2.8 kW.
Experiments were carried out by simultaneous measurements of temperature, relative humidity and
flow rate with the help of multifunctional digital transmitters connected via Masibus-85XX
microcontroller based scanner along with control panel to control and operate the system. The
inaccuracies in measurement of temperature, relative humidity and flow rate were found to be ±0.3
K, ±2.0% and ±1.5% respectively. The desiccant used in the desiccant wheel is synthesized metal
silicate. The size of the desiccant wheel is 360 mm diameter and 100 mm width. The rotational speed
of the dehumidifier is kept constant as 20 rph.

4. THEORETICAL CONSIDERATION
The coefficient of performance is defined to evaluate the energy efficiency of the system as
COP =

𝑄𝑄̇𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐
̇
𝑄𝑄𝑟𝑟𝑟𝑟𝑟𝑟 +Wc +Wfans

=

𝑚𝑚̇p (ℎ1 -h4 )

𝑚𝑚̇r (h8 -ℎ7 )+Wc +Wfans

Eq.(1)

Where Q̇cool is the rate of heat removed from the cooled room, Q̇reg is the rate of regeneration heat
supplied to the unit, 𝑚𝑚̇p is the mass flow rate of process air, 𝑚𝑚̇r is the mass flow rate of regeneration
air and h is the enthalpy of moist air. The state numbers refer to Fig.1 throughout this paper.
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Moisture removal rate (MRR) by desiccant wheel is defined by the following relation given by as
Eq.(2)

MRR = ṁ p (ω1 − ω2 )

The performance relation for the desiccant wheel is expressed in terms of specific humidity given by
Van den Bulck et al. (1988) as
(ω1 −ω2 )
εDW =
Eq.(3)
(ω1 −ω2,ideal )

Where ω2,ideal is the humidity ratio at the wheel exit in the ideal case. Its value may be taken to be
zero since an ideal wheel will completely dehumidify the air.
The effectiveness of the heat wheel may be expressed as given by Jani et al (2016f),
εHW =

(T2 −T3 )
(T2 −T6 )

Eq.(4)

where T is the dry bulb temperature of moist air where subscripts refers to state points in the system.
For practical purposes, forms of low grade energy like solar thermal energy or waste thermal energy
from process industries can be used, though in the present study an electrical heater is used for the
regeneration air heating.

5. RESULTS AND DISCUSSION
Table 1 shows the relevant data which were measured and used in calculation of the other
parameters i.e. COP of the system and effectiveness of the system.
Table 1. Measured velocity and calculated mass flowrates of Hybrid System

Duct
Diameter (m)

Velocity
(m/s)

Mass Flow Rate
(kg/s)

Process Air

0.110

13.1

0.136

Regeneration Air

0.095

8.5

0.063

Table 2 lists the measured dry bulb temperature, relative humidity and calculated properties for the
process and regeneration air during a typical steady state operation for the regeneration temperature
of 90oC. The corresponding state points in the psychrometric chart are shown in Fig. 2.
Table 2. Steady state properties at various state points for regeneration temperature of 90oC.

1

Dry Bulb
Temperature(oC)
29.1

Relative
Humidity(%)
80.0

Humidity Ratio
(g/kg da)
21.0

Specific Enthalpy
(kJ/kg da)
83.1

2

50.5

19.1

15.8

91.7

3
4
5
6
7
8
9
10

42.3
10.4
27.4
29.1
43.5
90.0
40.7
38.0

31.2
90.8
47.8
79.9
34.9
5.7
52.4
45.9

16.9
7.3
11.3
21.0
20.3
20.4
26.4
19.9

86.2
29.1
56.2
83.1
96.0
138.1
108.6
89.3

Use of hybrid solid desiccant cooling system helps to manage latent heat and sensible heat
separately. The desiccant wheel manages latent heat and vapour compression refrigeration system

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4048

manages sensible cooling. But the variation of ambient temperature and relative humidity put
restrictions on prescribed and desired performance of the whole system. From Table 2 and Fig. 2,
one can observe deviations from ideal behaviour of a desiccant system. State points 1 and 6
represent ambient condition. State point 2 is the usual point after dehumidification in the desiccant
wheel. In this process, temperature of the process air rises due to heat of adsorption released to air,
whereas the humidity ratio and relative humidity decreases. State point 3, is the outlet of heat wheel,
its temperature was found decreased as usual but the humidity ratio got increased slightly. Ideally
this process is a sensible heat exchange process between the hot stream, leaving the desiccant
wheel, and the cold ambient air. From the experimental result, it is observed that the humidity ratio
at state point 3 is slightly higher than that of state point 2. This happens as some of the cold air
having higher humidity trapped in the rotating wheel near the partition of the wheel enters the supply
air side. Similarly, some of the supply air also enters the cold air side, which reduces its humidity
ration. For this reason, the humidity ration of the state point 10 is lower than that of state point 6.
Comparing state point 1 and 3, one can observe that the enthalpy oat state point 3 is higher than the enthalpy
at state point 1. This increases the load on the AC but it is sensible load which can be taken care by the AC
without maintaining it at very load temperature for carrying out condensation. Thus, in a well-designed system,
air can be cooled without condensation of moisture. At the same time, it removes the post heating requirement,
which also saves the energy.

Enthalpy (kJ/kg da)

Humidity ratio (kg/kg da)

State point 4 is the supply condition to the test room after passing through the cooling coil of vapour
compression system. Cooling coil was supposed to handle only sensible load but for hot and high
humidity ambient condition, it is very difficult to get the desired humidity ratio only by dehumidifier
wheel. When a conditioned space experiences a net addition of both sensible and latent heat from
interior and exterior loads, the supply air must enter the conditioned space at a state where both the
temperature and humidity ratio is lower than the values to be maintained in the space. It is strongly
desired and recommended that only sensible heat transfer should take place between the air and
cooling coil. This is possible if the dew point temperature of air at state 3 is lower than the evaporator

Dry bulb temperature (oC)
Figure 2 State points corresponding to Table 2 on psychrometric chart
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temperature. Point 5 is steady state condition prevalent inside the conditioned room. Point 7 show
the state of air after condenser exhaust which passes through the electrical heater where it is
sensibly heated and then passes through the dehumidifier to regenerate it. Air exiting from
dehumidifier on the regeneration side (state 9) has high humidity ratio due to desorption of desiccant
wheel.
The power consumption by fans are 0.28 kW. Figure 3
shows the variation of COP with Treg for a system with
and without condenser exhaust heat use. From Fig. 3,
it is clear that as regeneration temperature increases,
COP of the system goes on decreasing. Also it is clear
that when condenser exhaust heat is used to
regenerate the desiccant wheel, there is always gain in
COP of hybrid system. The gain is higher at lower
regeneration temperature. At low regeneration
temperature, the contribution of condenser exhaust
have significant proportion compared with that of
electrical heater. Hence, the two curves diverge as
regeneration temperature decreases. For high
regeneration temperature, proportion is insignificant
and hence the two curves tend to meet each other. The
percent increase with decreasing temperature is show
in Fig. 4. It is about 10% at 90oC and 23% at 60oC.
0.9

Moisture removal rate (g/s)

% increase with COP
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Figure 4 Variation of % increase of
COP with regeneration temperature
with condenser exhaust heat use
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Figure 5 Variation of MRR with
regeneration temperature

Figures 5 and 6 show the variation of MRR and effectiveness of desiccant wheel with respect to Treg.
As regeneration temperature increases, rate of increment of MRR decreases. This can be explained
by the fact that at higher regeneration temperature, heat which is carried with the matrix of desiccant
wheel from regeneration side to process side becomes potential enough so that it renders the
dehumidification capacity of the desiccant wheel nearly around a maximum and optimum value.
Figure 6 shows the variation of effectiveness of the desiccant wheel with regeneration temperature.
It is clear that as regeneration temperature increases, effectiveness of desiccant wheel increases.
At higher regeneration temperature, desiccant wheel is regenerated better on regeneration side so
that its dehumidifying capability increases for the process side. Figure 7 shows the variation of
effectiveness of heat wheel with regeneration temperature. It is found that effectiveness is not
affected by regeneration temperature and remains constant at about 0.4.
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1

0.5

Effectiveness of heat wheel

Effectiveness of desiccant wheel

Some of the minor results were also observed along with above results. Among them, the
temperature of delivery air to the conditioned space was found to increase with outdoor temperature.
Temperature at all the points on the process side increases with outdoor temperature and so the
delivery temperature. Also, regeneration temperature has the potential to affect process side outlet
conditions of the desiccant wheel. Lowering the regeneration temperature lowers the outlet wheel
temperature with higher humidity as evident from Fig. 5.
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Figure 7 Variation of effectiveness
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6. CONCLUSIONS
Hybrid solid desiccant cooling system with condenser exhaust heat recovery to regenerate the
desiccant wheel was experimentally studied to investigate the behaviour and performance at
different regeneration temperature varying from 60oC to 100oC. Some salient results are summarised
below:
• As regeneration temperature increases, COP of the system with or without condenser exhaust
decreases.
• COP of the system is always higher when condenser exhaust is used for regeneration of the
desiccant wheel as that of the case when condenser exhaust is not used.
• At low regeneration temperature, curves of COPs with and without condenser exhaust diverge
from each other, whereas for high values of regeneration temperature, they seem to assume
closer values.
• Rate of increment of moisture removal rate (MRR) slows down as regeneration temperature is
increased.
• Effectiveness of desiccant wheel increases with regeneration temperature.
• Effectiveness of the heat wheel is not affected by regeneration temperature.
• Moisture removal by single desiccant wheel is insufficient for high humid climate. Hence, a
double desiccant dehumidification will be more appropriate.
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NOMENCLATURE

COP
h
ṁp

Coefficient of performance
Enthalpy of moist air (kJ/kg of da)
Mass flow rate of process air (kg/s)

Q̇cool

Cooling load (kJ)

ṁr

Mass flow rate of regeneration air (kg/s)

Q̇regen Rate of regeneration heat supplied to
the unit (kJ)
T

Wc
Wfans
εDW

Dry bulb temperature of moist air (oC)

Work done by compressor (kJ)
Work done by fans (kJ)
Effectiveness of desiccant wheel
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ABSTRACT
In a geothermal and desiccant assisted air conditioning system at Hamburg University of Technology
covering thermal peak loads by means of phase change materials (PCM) is investigated. In the
consequence of high ambient temperatures the cooling power of the soil can be exceeded and a
backup system is necessary. In this study experimental data of a backup system consisting of PCM
encapsulated in plates and placed in a rack is presented. A computer case fan is used to induce a
volume flow through the PCM rack. Results show that the PCM rack is able to locally focus cooling
operation and as a result improve thermal comfort perception. An air temperature reduction of
approximately 0.7 – 0.9 °C at an average cooling power of 26.58 W can be achieved. The COP
accounts for 6.65 with a corresponding electricity consumption of 4 W.
Keywords: Air Conditioning, Desiccant Wheel, Geothermal, Thermal Peak Loads, PCM, Local
Cooling, Thermal Comfort.

1. INTRODUCTION
Increasing ambient temperature due to global warming matched with higher incomes results in a
growing demand for thermal comfort and air conditioning systems (Davis and Gertler, 2015). The
estimated increase from approximately 4 billion in 2016 to 9.3 billion in 2050 air conditioning systems
in the residential and commercial sector (International Energy Agency, 2018) shows the necessity
of energy efficient space cooling.
To achieve thermal comfort, latent and sensible loads need to be removed from the outside air. In
conventional systems air is cooled below dew point temperature by a vapour compression cycle to
remove moisture. Thus, removing latent and sensible loads is coupled within the process. In
desiccant assisted systems the energy intensive dehumidification process is replaced by a solid or
liquid desiccant and therefore separated from sensible cooling. As a result higher tempered heat
sinks, e. g. shallow geothermal energy, can be used to remove sensible loads. Due to high ambient
temperatures the cooling power of the soil can be exceeded and comfortable room temperatures
may not be maintained (Casas and Schmitz, 2005). This implicates an oversizing of the geothermal
system (Speerforck and Schmitz, 2016) or another backup system is necessary. In this study phase
change materials (PCM) are investigated experimentally as backup system.
The usage of PCM for space cooling is well-known. The application ranges from free-cooling with
PCM encapsulated in plates and placed in air ducts of the ventilation system (Zalba et al., 2004) to
heat pipes incorporated in PCM to enhance the cooling power (Turnpenny et al., 2000). Many
different encapsulations (Raj and Velraj, 2010) and system designs, e. g. PCM implemented in the
building facade and ceiling (Álvarez et al, 2013), have been investigated. Additionally, different
designs of cooling ceilings have been studied and monitored extensively (Weinläder et al., 2016,
Weinläder et al., 2017).
In addition to PCM the idea of personal ventilation or local cooling is increasing. Local cooling
describes the attempt to achieve a comfortable microenvironment around a person despite the
uncomfortable uniform room environment (Melikov, 2004). There is a huge variety of approaches to
implement local cooling. Varying the direction of fresh air flow can obtain cooling sensation (Kalmár
and Kalmár, 2013). Different devices, e. g. cooled wristpad, deskfan, cooled chair (Luo et al., 2018),
ventilated mattress or local bed ventilation (Melikov, 2016), can improve thermal comfort perception.
Additionally to achieving higher comfort, local cooling is able to reduce energy use for air conditioning
applications. (Zhang et al., 2010) simulated a reduction of energy use by only cooling hands and

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4053

face of up to approximately 29 % compared to a conventional air conditioning system. (Veselý and
Zeiler, 2014) give an overview of different local cooling systems with energy savings of up to 45 %.
Combining both, PCM and local cooling, is part of recent studies. (Lu et al., 2015) and (Kang et al.,
2018) investigated uniforms incorporated with PCM and ventilation fans. (Dhumane et al., 2018) and
(Dhumane et al., 2019) used PCM to store heat of the condenser of a vapour compression cycle
used in a personal conditioning system. In this study, the combination of a geothermal and desiccant
assisted air conditioning system and a backup system consisting of PCM is investigated
experimentally. Therefor PCM is encapsulated in plastic plates and placed in a rack to locally cool
and enhance thermal comfort in case of thermal peak loads.

2. EXPERIMENTAL STUDY
The investigated test facility as well the concept of local cooling is described. The performance and
limitations of the PCM rack design are analysed. To evaluate thermal comfort a comfort
measurement device according to DIN EN ISO 7726 is utilized.
2.1.

Test Facility

The test facility is built of eight 20 ft. containers and is located on the campus of Hamburg University
of Technology. The four upper containers (56 m²) are used as office and conference room and the
lower containers contain the air handling unit and technical installations.
2.1.1. System Concept
In Fig. 1 a simplified system layout of the open cycle desiccant assisted air conditioning system with
borehole heat exchanger is depicted. In summer operation the outside air is dehumidified by a
desiccant wheel (1-2). After precooling the air in a rotary thermal wheel (2-3) supply air temperature
(22 °C) is adjusted by a dry cooling coil (3-4). In order to regenerate the desiccant wheel the heat
recovery wheel preheats extract air from the reference room (5-6). To reach the required
regeneration temperature, a water to air heat exchanger is utilized (6-7). In a final step moisture is
removed from the desiccant (7-8) before the air is emitted to the environment. In the reference room
a cooling ceiling is implemented to remove sensible loads. One double U-tube borehole heat
exchanger is used to cover the cooling demand of the cooler and the cooling ceilings.

Figure 1: Simplified system layout of the test facility

2.1.2. Thermal Comfort Measurement
The objective of the system concept is to achieve comfortable indoor air conditions according to DIN
EN 15251. This implicates to keep indoor temperature between 21 °C and 25.5 °C and relative
humidity between 30 % and 50 %. Therefor the system is operated during common office hours from
7 am to 10 pm. In addition to general data acquisition to monitor the performance of test facility, a
thermal comfort measurement device according to DIN EN ISO 7726 is set up. The measurement
device is shown in Fig. 2.
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Figure 2: Schematic layout of the thermal comfort measurement device

At the height of head, abdomen and ankle, corresponding to sitting or standing position of human
beings, the air temperature and the mean radiant temperature is measured. The air velocity is
quantified by an omnidirectional hot-wire anemometer. Using a capacitive sensor the relative
humidity is assessed. Measurement devices in use and the related uncertainties are listed in Table 1.
Table 1. Measurement sensors used by the thermal comfort measurement device

Resistance thermometer
Black-globe thermometer

Sensor type /
measuring principle
Pt100 (accuracy class W 0.1)
Pt100 (accuracy class W 0.1)

Anemometer
Hygrometer

Hot-wire sensor
Capacitive sensor

Measured property

Measurement uncertainty
± 1⁄3 ⋅ (0.3 + 0.005 ⋅ 𝑇) °C
± 1⁄3 ⋅ (0.3 + 0.005 ⋅ 𝑇) °C
±1.5 % m.s-1 of reading
±2 % r.h. for 10 … 90 % r.h.

Utilizing the measurement device it is possible to objectively and comparably assess thermal comfort
referred to DIN EN ISO 7730. Within this study the air temperature and the draught rate (DR) will be
evaluated. According to DIN EN ISO 7730 the DR is calculated as follows.
𝐷𝑅 = (34 − 𝑇5 ) ⋅ (𝑣7 − 0.05)8.9: ⋅ (0.37 ⋅ 𝑣7 ⋅ 𝑇𝑢 + 3.14)
2.2.

Eq. (1)

PCM Backup System

In the described system shallow geothermal energy is used to cool the supply air and to remove
sensible loads by means of a cooling ceiling. A previous study has shown that a maximum
temperature level of approximately 18 °C is required to accomplish thermal comfort inside the
reference room at any time (Speerforck and Schmitz, 2016). Due to the slow regeneration of the soil
around the borehole heat exchanger through conduction, shallow geothermal energy is not
inexhaustible regarding a limited period of time. Thus, in the consequence of high cooling loads
during hot periods in summertime the outlet temperature of the borehole heat exchanger can raise
above the desired value. As a result, indoor room air temperatures above 25.5 °C can occur.
Therefore, a PCM rack is used to cover the occurring thermal peak loads by locally reducing the
temperature.
2.2.1. PCM Material and Encapsulation
The PCM used is AXIOTHERM® ATS 25. It is an inorganic PCM with melting temperature in the
range of 22 – 25 °C and a heat storage capacity (temperature range of 15 – 30 °C) of 195 kJ.kg-1.
Solidification temperature range lays in between 21 – 24 °C. Due to its corrosive nature on metal,
the capsule material is plastic with dimensions of (0.175 x 0.235 x 0.006) m3 (l x w x h). The surface
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area of one plate is 0.091 m2 with a maximum PCM layer thickness of 0.008 m. The filled volume of
PCM inside one plate is 0.00014 m3, resulting in approximately 0.217 kg of PCM per plate.
2.2.2. PCM Rack Design
To achieve local cooling a PCM rack containing the PCM plates was designed. The rack consists of
5 compartments, each containing 50 PCM plates in 2 rows with 25 plates each. According to its
cooling purpose in an office building, the height of the PCM rack correlates to the head location in
sitting position (1.10 m). The PCM rack is depicted in Fig. 3.

Figure 3: PCM rack: back view (left), front view (middle), top view (right)

Each compartment is equipped with a computer case fan inducing a volume flow of 38.68 m3.h-1 in
cooling and regeneration mode. By means of an Arduino Uno and two temperature sensors (marked
with circles in Fig. 3) the PCM rack is able to independently control the fans. In general, three
operating modes can be differentiated: standby mode, cooling mode and regeneration mode. During
cooling mode, the PCM will change phase from solid to liquid and therefor account for sensible
cooling of the induced air flow. The cooling mode will be entered if the room temperature exceeds
24.5 °C for a certain amount of time. Cooling mode is continued until either the room temperature
falls below the threshold value or the cooling power of the PCM rack is below 50 W. In case of room
temperatures below 23 °C the regeneration mode will start. In this mode the phase changes from
liquid to solid and prepares the PCM for the next cooling cycle. Regeneration mode is running until
either the room temperature rises above the threshold temperature, a set amount of time is passed
or the temperature difference between the inlet and the outlet is small. The PCM rack is only powered
by electricity. The supply voltage is 12 V and the power consumption is 1 W in standby mode and
20 W in active mode, respectively. To evaluate the performance of the PCM rack 6 temperature
sensors are placed at the top compartment (marked with arrows in Fig. 3). The specifications of the
measurement devices and the related uncertainties can be found in Table 3. Prior to installation all
temperature sensors have been calibrated using an oil bath.
Table 3. Measurement sensors used by the thermal comfort measurement device

Measured property
Resistance thermometer
Volume flow
2.3.

Sensor type /
Measurement uncertainty
measuring principle
Pt100 (accuracy class F 0.15)
±(0.15 + 0.002 ⋅ 𝑇) °C
Vane anemometer (0.06 m) ±(0.2 + 1.5 % of reading) m.s-1

Measurement Results

In order to evaluate the capability of the PCM rack to locally increase thermal comfort, temperatures
above 25.5 °C are artificially induced by the ceiling surface heat exchanger in the reference room of
the test facility. The PCM rack is faced towards the comfort measurement device in a distance of
1 m. A schematic view of the placements in the reference room is shown in Fig. 4.
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2.3.1. PCM Rack Evaluation
The cooling power of the PCM rack is calculated simplified for the top most compartment. Therefor
the properties of air are approximated and set as constant within the calculations:
• Specific heat capacity: 𝑐> = 1007 J.kg-1.K-1
• Density: 𝜌 = 1.19 kg.m3

Figure 4: Schematic view of the reference room

By means of three resistance thermometers the outlet temperature of the PCM rack is measured (as
illustrated with arrows by Fig. 3). Thus, the mean outlet temperature is used for calculation and
shown in all figures. The cooling power and the COP are calculated as follows:
𝑄̇CDD5 = 𝑉̇ ⋅ 𝜌 ⋅ 𝑐> ⋅ (𝑇FG − 𝑇DHI )
𝐶𝑂𝑃 =

𝑄̇CDD5
𝑃M5

Eq. (2)
Eq. (3)

In Fig. 5 the measured temperature profile and the according cooling power in the course of a day
are depicted. It can be assumed that at the start of the measurement the PCM is fully solidified.

Figure 5: Temperature profile (top) and cooling power (bottom) of the top compartment

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4057

During the runtime of 4 hours an average cooling power of 26.58 W and an average COP of 6.65
could be achieved. It must be pointed out that the decrease in cooling power towards the end of the
runtime is not a result of near PCM exhaustion, but of the decline in room temperature and therefor
a reduced temperature difference between room temperature and PCM melting temperature. At
maximum the cooling power reached a value of (31.69 ± 4.91) W with a COP of 7.92 ± 1.23 was
reached.
2.3.2. Thermal Comfort Evaluation
As described in Section 2.3.1., the outlet temperature of the PCM rack is lower than the ambient
room temperature. Therefore, an increase in thermal comfort can be assumed. In Fig. 6 the
measured temperatures of the thermal comfort measurement device for the same day as in Fig. 5
are shown.

Figure 6: Temperature profile of the comfort measurement device (top) and temperature reduction
achieved by the PCM rack (bottom). The grey background indicates the runtime of the PCM rack in
cooling mode.

At start-up of the PCM rack the gradient change of the temperature graph in the height of 110 cm is
clearly visible. A temperature reduction of approximately 0.7 – 0.9 °C could be achieved. The upper
temperature measurement position at 170 cm is not affected by the PCM rack due to its maximum
height of 110 cm. The different effects on the measurement position show the ability of the PCM rack
to locally focus cooling operation. Due to the artificially created high air temperatures, stratification
inside the room can be observed. Therefore, the lower compartments cannot offer significant cooling
power because the inlet temperature at that height is at the same level as the PCM melting
temperature. Besides the positive effects on local temperature, the influence of the induced air flow
needs to be evaluated. In Fig. 7 the measured air velocity of the comfort measurement device and
the calculated DR are depicted. It can be seen that there is no negative impact due to the induced
air flow.
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Figure 7: Air velocity profile (top) and corresponding DR (bottom) during the measurements. The
grey background indicates the runtime of the PCM rack in cooling mode.

3. CONCLUSIONS
Local cooling by means of the PCM rack can improve thermal comfort perception by reducing the
air temperature about approximately 0.7 – 0.9 °C. The low electricity demand of 4 W per
compartment offers the possibility to save energy compared to a uniform air conditioning approach.
During 4 hours of operation mode an average cooling power of 26.58 W with a COP of 6.65 is
provided by only one compartment. Due to its construction out of compartments, the PCM rack is
scalable and offers the possibility to adapt the rack to different cooling tasks. However, analysis of
the rack regarding regeneration time and the resulting energy efficiency ratio is required.
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ABSTRACT
Identification for system dynamic behaviour is necessary to develop control strategy. In this paper,
the dynamic performance of air conditioning (AC) system is predicted using artificial neural network
(ANN) approach. The ANN is developed to predict exergy efficiency, coefficient of performance
(COP), and cooling capacity. The controllable parameters including compressor speed and
evaporator and condenser fan speed are considered as the input. The datasets for prediction are
generated by AC system simulator. The system was simulated by randomly varying compressor
speed and evaporator and condenser fan speed with N-sample signal input. The dynamic ANN
configuration with Bayesian regularization is proposed to predict one-step ahead of system
performance behaviour. The results show that the developed ANN in present study yields good
prediction accuracy for all outputs. Accordingly, ANN can be further applied for predictive control
application in AC system to control cooling capacity while maintaining system efficiency.
Keyword: System Identification, Air Conditioning, Neural Network, Exergy.

1. INTRODUCTION
Today, air conditioning and refrigeration system becomes the important part in life as the result of
increasing in population growth, economic, and living standard. The huge demand of AC and
refrigeration system brought the people to concern about the raise of energy consumption and its
negative impact to the environment. Increasing AC system efficiency has a large contribution in
reducing building energy consumption. Vapour compression cycle (VCC) is one of the system that
has been used in many buildings and industrial application. The development of VCC system has
almost reached the maximum performance and hard to improve due to its limitation such as
compressor and heat exchanger technology (Nishijima, 2016). The solution that can be proposed to
improve the system operation efficiency is on control development. A system with high efficiency will
be useless if it is not equipped with proper control strategy. Hence, developing control strategy which
considers the system efficiency is necessity for system operation.
The control strategy using on/off and PI has been widely applied in VCC system for either AC or
refrigeration (Ng, 2014). In on/off control, the system is operated by setting the compressor speed
in one level. Consequently, it generates overshoots and undershoots and consumes a lot of energy.
For PI control, the compressor speed can be regulated in various levels to maintain the desired room
temperature with less energy input. However that control strategy can be applied in limited range
operation condition and has poor performance if the cooling load is very small and set point changes
from the designed point (Nam, 2017).
A model predictive control (MPC) strategy can be chosen as alternative solution to improve efficiency
of system operation. The first important thing in MPC development is system identification. The
output performance of system should be precisely predicted according to various actuator signal. It
can be performed by physical-based approach which includes a lot of equation and assumption in
the model to achieve accurate estimation. However it is very complex and takes a long computation
time due to many equations that should be solved. Modelling with artificial neural network (ANN)
offers lower complexity and less computational task as compared to physical model since it involves
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input and output data only. The applicability of ANN for dynamic system modelling and MPC
application has been proven in several studies (Li, 2013; Yang, 2016; Muñoz, 2017). In those works,
ANN is developed to predict room temperature and humidity without considering efficiency
parameter. In this paper, ANN model is developed to predict system dynamic behaviour of split AC
system under modulation of evaporator fan, condenser fan, and compressor speed. The proposed
ANN model is developed to capture the dynamic performance behaviour of system namely COP,
exergy efficiency, and cooling capacity.

2.1

System Description

2. METHODOLOGY

Single stage VCC system is used for air conditioning purpose in present study. The schematic
diagram of system is depicted in Fig. 1. The system has variable speed compressor, electronic
expansion valve (EEV), one indoor and one outdoor unit. The refrigerant of R410A is used as the
medium to transfer the heat from conditioned space QE at room temperature TR to the environment
at temperature TA through the condenser as QC. The system performance behavior is simulated by
Energy flow+M software which is developed using physical model and has been validated with actual
system in steady and unsteady condition (Matsumoto, 2016). The detail of mathematical models for
each component are presented in (Saito, 2018). The system characterization is performed by
varying manipulated parameters including compressor speed, fan speed at evaporator and
condenser. N-sample signal type is introduced to demonstrate system performance behavior in
unsteady condition. Input and output data applied for system identification is shown in Fig. 2. During
the simulation, PI controller is applied to maintain superheat temperature TSH at 5 °C. Totally, there
are 2000 pairs of input and output data generated by simulator with sampling time of 30 s. The first
1500 data is used for training and the rest is employed for validation. So the data set used for
validation is totally different with the data used in training phase.
Outdoor
Refrigerant
Air

Condenser
EEV

Compressor

Evaporator

Indoor

Figure 1: Schematic diagram of vapor compression AC system
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Figure 2: Input output pattern used for identification

2.2

Artificial Neural Network

Artificial neural network (ANNs) is kind of machine learning tool which can formulate the relationship
between inputs and outputs via mathematical function. This technique has been successfully used
to predict the static and dynamic output response in building application (Sholahudin, 2015;
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Sholahudin, 2016). The structure of ANN is generally consisted of input, hidden, and output layer. In
hidden layer, there is one or more neurons which build up the relationship between input and output
through some mathematical function. Mathematically, the learning process of ANN can be seen in
Fig. 3. The network is trained by adjusting the weight (𝑤" , 𝑤$ ) and bias (𝑏" , 𝑏$ ) coefficient to produce
the ANN output as the actual output. Combination of Levenberg-marquardt and Bayesian
regularization is proposed to determine the weight and bias coefficient by minimizing objective
function which consists of prediction error and weight and bias coefficients. These coefficients are
minimized to avoid over fitting during training phase.

Figure 3: Diagram block of ANN calculation

Fig. 4 shows the structure of dynamic ANN. Performance parameter including cooling capacity (Qe),
coefficient performance (COP), and exergy efficiency (𝜂'( ) at time t is predicted using previous
manipulated parameters (compressor speed Ncomp, evaporator fan speed Fevap, condenser fan speed
Fcond) and state variable of room temperature TR with number of time delay represented by nu.
Input layer

Hidden layer

Output layer

(t-1)

(t-nu)

(t)

(t-1)
(t-nu)

(t)

(t-1)

(t)

(t-nu)
(t-1)
(t-nu)
Figure 4: Structure of dynamic ANN

The prediction accuracy of ANN model is measured by root means square error (RMSE) and
coefficient of variation (CV) written in Eq. (1) and Eq. (2) respectively.

RMSE = .

∑627"(𝑥2 − 𝑦2 )$
𝑛

;<=>

CV = ∑A

@BC ?@

x 100
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Where xi and yi shows original and predicted data by ANN respectively. Notation n indicates number
of data.
2.3

Sensitivity Analysis

The sensitivity of each input is investigated to show how significant its influence on prediction. Four
ANN models represented by network1 to network4 have been trained with the same configuration
and different input parameters. Table 1 shows the prediction error for each model. The higher CV
value represents the lower prediction accuracy. The highest CV value is shown by Network1 where
compressor speed is not included in training. It indicates that compressor speed is the most sensitive
parameter in prediction followed by room temperature and both fan speed. The error difference
between network1 and others is quite large. Meanwhile there is no significant change in accuracy
when either evaporator or condenser fan speed is not included in training. Based on this analysis, it
can be concluded that compressor speed and room temperature is more sensitive than both fan
speeds for prediction.
Table 1. Performance of ANN model with various input combinations

ANN model

Input variables

Prediction accuracy (CV)

Ncomp

Fevap

Fcond

TR

Q'

η'(

Network 1

NI

I

I

I

3.31

1.50

Network 2

I

NI

I

I

3.27

1.41

Network 3

I

I

NI

I

3.27

1.44

0.98

Network 4

I

I

I

NI

3.25

1.42

0.95

COP
1.09
0.96

I: Included；NI: not included

2.4

Optimal Number of Time Delay Lines

Input time delay plays important role in developing dynamic ANN model due to the future output is
highly affected by the present and previous inputs and state outputs. In this section, the effect of
number of delayed inputs for compressor speed and room temperature denoted by du and fan speed
at evaporator and condenser shown by dy is investigated. Fig. 5 shows the accuracy of several ANN
models developed by using different number of time delay combination. Time delayed inputs are
varied from 2 to 7 which generates 36 different ANN models. The change of number of time delayed
input affects the prediction accuracy greatly. The optimal number of time delay is determined by
investigating the 3D graph presented in Fig. 5. Based on the graph, the lowest RMSE value for three
prediction outputs is shown by five du (time delay for compressor speed and room temperature) and
two dy (time delay for evaporator and condenser fan speed). Accordingly, this structure is considered
as the optimal model.
2.5

Optimal Number of Neurons

Furthermore, the final parameter that should be determined for ANN configuration is number of
neurons. The optimized time delayed inputs with 5 du and 2 dy is trained using various number of
neurons. The training is carried out by varying number of neurons from 1 to 20 neurons incrementally
and the results are summarized in Fig. 6. In the beginning, when one neuron is used for training, the
model has highest error. Then the error goes down drastically and has no significant change in
accuracy after 2 neurons. The ANN model with one neuron has very few weight and bias coefficients.
Consequently, the network is not flexible to fit the data and has poor accuracy. In the other hand,
the network with many neurons will potentially cause overfitting. Based on the results depicted in Fig.
6, the ANN model with 3 neurons is selected as the optimal model where it has good accuracy and
the other reason is to avoid overfitting.
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Figure 5: Effect of number of time delay lines on prediction accuracy
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Figure 6: Effect of number of neurons on prediction accuracy

2.6

Prediction Results

In previous section, the optimal ANN configuration is obtained with 5 du, 2 dy and 3 neurons. The
prediction results by this network can be seen in Fig. 7. The results show good prediction accuracy
for all outputs with RMSE value 0.07, 0.05, 0.17 and CV 3.3%, 1.44%, 0.94% for exergy efficiency,
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cooling capacity, and COP respectively. This result proves that the developed ANN model can
capture the dynamic behaviour of A/C system under modulation of compressor speed and
evaporator and condenser fan speed. Accordingly, it can be applied for predictive control application
to control cooling capacity with considering system efficiency.
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Figure 7: Prediction results; (a) exergy efficiency; (b) cooling capacity; (c) COP

3. CLONCUSIONS
A dynamic ANN model has been developed for system identification in vapor compression A/C
system. Among four input variables, compressor speed and feedback input of room temperature
are more sensitive than evaporator and condenser fan speed on prediction accuracy. This work
shows that, ANN model can predict system dynamic behaviour through the proper number of time
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delayed inputs and neurons. In the future study, the developed ANN model can be implemented to
control cooling capacity while considering first and second law thermodynamic efficiency
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ABSTRACT
Photovoltaic-driven air conditioning systems offer a lot of advantages over solar-thermal driven
cooling systems. An open issue is the missing linkage between PV and AC system regarding the
different temporal peaks of electricity generation and cooling demand. The paper present results and
experiences from experimental investigations of an ice storage coupled with a mono-split airconditioning unit.
Keywords: PV-cooling, ice storage

1. INTRODUCTION
The number of installed air-conditioning (AC) systems is rapidly increasing worldwide. About 130
million units a year are sold (Holley, 2014). The majority (about 120 million) are lower capacity units.
A number of unfavorable effects are associated with the desired gain in comfort: (1) increasing
electricity demand and thereby an increasing emission on greenhouse gases (indirect emissions),
(2) direct greenhouse gas emissions due to usage of refrigerants with high global warming potential
(GWP), (3) distinct peak loads in the grid.
To reduce these impacts solar-driven cooling technologies have been developed and applied in the
last ten to fifteen years. In the past the focus was set to solar-thermal systems, due to the use of
natural refrigerants (mainly water/lithium bromide) and the cost benefits of thermal collectors. The
number of solar-thermal driven cooling systems increased but on low level. Only about 1000 systems
are installed worldwide (Mugnier, 2015). A higher dissemination is impeded by high investment costs
and complexity of those systems.
On the opposite distinct cost reductions have been achieved in the photovoltaic (PV) sector. Present
electricity generation costs of PV-systems turn PV-driven cooling systems into an economic
scenario. Investigations within the EvaSolK project revealed lower carbon dioxide abatement costs
for PV-driven compression refrigeration systems compared to solar-thermal driven single stage
refrigeration systems (Wiemken et al., 2012).
An issue of the majority of existing PV-driven cooling systems is the missing linkage of PV and AC
system. Generally the PV-system is operated grid-connected, feeding in electricity during the period
of high solar radiation around midday. In residential area AC-systems start operation in the late
afternoon when people come home (see Figure 1, left figure). Hence, in countries with a high
dissemination of rooftop PV-systems (e.g. Australia (Council, 2016)) the demand peak of AC
systems is not noticeable reduced, but during midday an oversupply of electricity is fed in into the
grid.
To balance the temporal divergence between electricity generation and cooling demand an
integrated energy storage is required. Thermal cold storages offer a number of advantages
compared to batteries: Materials are inexpensive and free of risk to the environment. Thermal losses
can be regarded as far less relevant if storage is located in the air conditioned room. Using ice
storages the required volume can be decreased to suitable sizes. Depending on the concept,
maximum cooling capacity provided to the room can be significantly increased in case of parallel
operation of storage discharge and outdoor unit.
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Figure 1: Seasonal (left figure) and daily (right figure) PV electricity generation and cooling demand
in a residential building. Source: ILK Simulation results for a residential building
in Lisbon / Portugal using Modelica - BuildingsLibrary

2. SYSTEM CONCEPTS AND STORAGE DIMENSIONING
2.1.

System Concepts

A standard mono-split AC system consists respectively of an outdoor and an indoor installed unit,
linked by a low pressure liquid and low pressure suction gas tube. From refrigeration side the outdoor
unit contains compressor, condenser and electric expansion valve and the indoor unit the air-cooling
evaporator.
Integration options of an ice storage into mono-split-AC-system can be characterized by
 storage position (outdoor, indoor or inside indoor unit)
 charging by direct evaporation process or via secondary cycle (brine, refrigerant)
 discharging using direct air contact (integration into indoor unit), external melting process
(water cycle using the water of the ice storage) or an integrated heat exchanger (using the
refrigeration or brine cycle)
 realization of direct cooling mode by usage or by bypassing the storage
Varying the mentioned characteristics lead to a number of cycle options which even increases if
valves, bypasses or pumps are taken into account to achieve a more flexible operation.
A number of boundary conditions resulting from market situation and trends, legal regulations and
technical standards influences the selection process. Some main aspects are discussed below:
 Required technical solutions are not yet available on the market or in a reasonable cost
ranges: Discharge process using the ice storage water by external melting process can be
combined with standard air cooler units. But using water in the air cooler is not common in
Mono-Split systems so far. Discharge process using the refrigeration cycle requires very low
capacity refrigerant pumps with a high pressure rating. There are no standard refrigeration
products including such pumps on the market.
 Efficiency requirements arising from legislation and quality labels: The European product
regulation requires seasonal cooling efficiency ratios (SEER) calculated according to DIN EN
14825 of > 7 and > 8.5 from 01.01.2019 for air conditioning units with a cooling capacity of
less than 12 kW. The German quality label Blauer Engel requires an EER Cooling > 4.6. The
direct cooling operation will be the minor operation mode of a mono-split-unit with integrated
ice storage.
 Requirements to refrigerant usage: European F-Gas Regulation requires the usage of
refrigerants with a global warming potential < 750 from 01.01.2025 in small scale airconditioning units. Blauer Engel requires the usage of non-halogen refrigerants. Within a
progressive intensification of regulations the usage of natural refrigerants gain in importance.
Almost all refrigerant with a GWP < 750 that can be applied in split systems are flammable.
Therefore the refrigerant charge needs to be limited.
Based on an assessment matrix using the upper characteristics further theoretical and experimental
analysis were focused on a small number of preferred options. Table 1 contains three promising
options, including their advantages and drawbacks.
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Table 1: Preferred integration options . system description and remarks

system description

remarks

- direct charging using an evaporator in the ice storage
- discharge using the water of the storage in a hydraulic
cycle with a standard fan coil as indoor unit

advantages:
- standard products can be applied
- cost efficient solution
- simple control
- ice melting direction inverse to freezing
direction
- air cooler surface temperature can be
controlled by return flow addition in the water
cycle for controlled dehumidification
drawbacks:
- poor cooling efficiency in direct cooling mode
- thermally inertial system, especially not
recommendable for heating mode
advantages:
- direct cooling and heating mode as efficient as
in common mono-split systems
- extended operation flexibility (e.g. parallel
operation of direct cooling and storage
discharge is possible)
drawbacks:
- non-standard indoor unit required
- more complex control algorithms required

option 1:

option 2:

- option 1 is extended by an parallel refrigerant cycle to
the indoor unit.
option 3:

- option 2 is extended by an additional refrigerant pump
for discharge process, indoor unit is changed to
standard split indoor unit, water cycle is removed

2.2.

advantages:
- standard indoor unit
- no water cycle
- direct cooling and heating mode as efficient as
in common mono-split systems
drawbacks:
- refrigerant pump availability
- discharge process probably less efficient
- difficult dehumidification control
- complex control

Storage Dimensioning

The mono-split unit including an ice storage is connected to a photovoltaic system as well as to the
grid, increasing photovoltaic self-consumption and decreasing grid peak loads. The storage should
allow equalizing the daily shift between solar irradiation and cooling demand. For economic and
energy efficiency reasons it is not appropriated to avoid grid demand at all. A simple algorithm for
reasonable storage size estimation is presented in (Richter 2016). For an example building, a single
family house according to the German building standard EnEV2016 situated at German site
Mannheim, the algorithm leads to a cold storage size of about 5 kWh. Hereby grid demand for cooling
production can be reduced from 138 to 38 days a year. For the remaining 38 days the cooling
demand with electricity consumption from the grid is largely reduced.

3. EXPERIMENTAL INVESTIGATIONS
3.1.

Motivation and experimental set up

Characteristic data for mono-split-AC-units are limited to air conditioning conditions and are only
available as function of room and ambient conditions. Ice growth on evaporator during charging
mode and melting during discharging mode represent non-uniform, three dimensional and dynamic
processes. Furthermore, mono-split-AC-units include a number of implemented operation and safety
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algorithms, designed for building cooling (and heating) and dehumidification only. Hence, an
evaluation of the operation of a mono-split-AC-unit with integrated ice storage requires experimental
analysis.
Experimental investigations focused on
 evaluation of operation control and safety algorithm issues connected with the operation with
lower evaporation pressure and non-corresponding response signals from indoor unit
 operational limits of the outdoor unit in case of lower evaporation pressures
 cooling capacity and cooling efficiency under different operation modes
 application of PV-power-supply and forecast-based control algorithms
For the experimental investigations, a test rig was built. It is designed to investigate a number of
different integration options. A simplified piping and installation is shown in Figure 2. It includes the
outdoor unit, ice storage vessel, with ice storage evaporator and an air measurement section
including to indoor units. Discharge process can be realized by a hydraulic cycle (blue lines) or and
refrigeration cycle including a small refrigerant pump (green cycle). A number of valves are included
to allow different operation modes.
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Figure 2: Piping and installation scheme of test rig to investigate the integration option 1 - direct
charge process and discharge process applying external melting

Component dimensioning was carried out according to the results of a residential building simulation.
A maximum cooling capacity of 2.5 kW is required. An oversized mono-split-outdoor-unit with a rated
cooling capacity of 4.0 kW (Fujitsu AOYG 14LMCA) was selected to compensate the required lower
evaporation temperature. The installed test rig is shown in Figure 3. Three different evaporator types
are investigated (see Table 2). The selection criteria focused on market availability and price.
Table 2: Relevant geometry parameters of evaporators investigated

tube length

tube and fin

finned tube

wire and tube

2 x 6.2 m, in series

4 x 4.95 m, in parallel 4 x 7.63 m, in parallel

tube outside surface 0.39 m²

0.51 m²

0,43 m²

fin water side area

2.32 m²

0.91 m²

1.54 m²

total water side area 2.71 m²

1.42 m²

1.97 m²

mean fin length

9.8 mm

11.1 mm

25 mm

refrigerant volume

0.58 l

0.50 l

0,22 l
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Refrigerant cycle operation is measured by high pressure liquid medium temperature in front of
expansion valve inlet 𝑇𝑟𝑒𝑓,𝑙𝑖𝑞 , suction gas temperature at evaporator outlet 𝑇𝑟𝑒𝑓,𝑠𝑔,𝑖𝑠 , hot gas
temperature as tube surface temperature at compressor outlet 𝑇𝑟𝑒𝑓,ℎ𝑔 , condensing pressure 𝑝𝑟𝑒𝑓𝑐 in
front of expansion valve inlet, evaporation pressure 𝑝ref,sg,ou in suction tube in front of outdoor unit
inlet and refrigerant mass flow rate 𝑚̇𝑟𝑒𝑓 in front of expansion valve inlet. Furthermore, split-unit
power input 𝑃𝑒𝑙,𝑜𝑢+𝑖𝑢 , which includes power demand for compressor / inverter, electronic control unit
and fan of indoor and outdoor unit. Compressor speed 𝑛𝐶𝑜𝑚𝑝 and expansion valve opening is taken
from split unit service tool, connected to electronic control unit.
Storage and water cycle is measured by upper and lower storage water temperature 𝑡𝑖𝑠,𝑢𝑝 and 𝑇𝑖𝑠,𝑙𝑜𝑤 ,
return water temperature at storage inlet 𝑇𝑤𝑎,𝑟𝑒𝑡𝑢𝑟𝑛 , supply water temperature at storage outlet
̇ in front of storage inlet and storage liquid level height by an
𝑇𝑤𝑎,𝑖𝑠,𝑜𝑢𝑡 , water volume flow rate 𝑉𝑤𝑎
optical system 𝑦𝑤𝑎,𝑖𝑠 . Additionally the power input of electrical heater 𝑃𝑒𝑙,ℎ𝑒𝑎𝑡𝑒𝑟 is measured.
If not mentioned differently, temperatures are measured using PT100 sensors, directly in the fluid.

Figure 3: Photo of the test rig

3.2.

Data post processing
Cooling capacity 𝑄̇ref,charge during charge process is calculated under the assumption of subcooled
condenser outlet and superheated evaporator refrigerant state.
𝑄̇ref,charge = 𝑚̇ref ⋅ (ℎgas (𝑝ref,sg,ou , 𝑇ref,sg,is ) − ℎ𝑙𝑖𝑞 (𝑝ref,c , 𝑇ref,liq,ou ))

Eq. (1)

Energy efficiency ratio of charging process 𝐸𝐸𝑅𝑐ℎ𝑎𝑟𝑔𝑒 is calculated using cooling capacity and total
power consumption of split unit and an optional pump to enforce heat transfer in the storage.
𝐸𝐸𝑅charge = 𝑄̇ref,charge / (𝑃el,iu+ou + 𝑃el,pump )

Eq. (2)

Ice fraction 𝑥𝑖𝑐𝑒 of the storage is calculated based on the density difference between liquid and solid
phase of water. A reference temperature 𝑇R is defined for reference conditions of storage level height
𝑦wa,is,TR and liquid water density 𝜚W,TR .
𝑥𝑖𝑐𝑒 = (𝑦𝑤𝑎,𝑖𝑠 ⁄𝑦𝑤𝑎,𝑖𝑠,𝑇𝑅 − 1)⁄(1 − 𝜚𝑤𝑎,𝑇𝑅 ⁄𝜚𝑖𝑐𝑒 )

Eq. (3)

Discharge capacity 𝑄̇discharge is calculated by the enthalpy difference resulting from the temperature
difference between storage inlet and outlet.
𝑄̇discharge = V̇wa,return ⋅ ϱwa (𝑇𝑤𝑎,𝑟𝑒𝑡𝑢𝑟𝑛 ) ⋅ (ℎwa (𝑇wa,return ) − ℎ𝑊 (𝑇wa,is,out ))

Eq. (4)

All media properties for water and the refrigerant R410A are calculated using CoolProp (Bell et al.,
2014).
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3.3.

Results – Charging Process

The charging process is investigated for tube and fin and for finned tube evaporator types varying
the outdoor unit part load factor. Initial storage temperature is kept constant at 18 °C. Test rig is
located in the main test hall of the institute. Ambient temperature depend on test hall temperature
and varied in the measuring period between 20 and 25 °C. The charging process is terminated in
case of ice fraction of 75 % or in case a further ice growth could lead to storage damages.
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Figure 4: Ice storage charging process - cooling capacity and energy efficiency ratio versus ice
fraction with variation of outdoor unit part load factor

Figure 4 (left) shows the cooling capacity versus ice fraction for both evaporator types and for varying
outdoor unit part load factor (plf). Maximum achieved ice fractions are 75 % for the finned tube
evaporator and 55 % for the tube and fin evaporator. The cooling capacity decreases with increasing
ice fraction and with decreasing outdoor unit part load factor. The decreasing cooling capacity as
function of ice fraction is more distinct for the tube and fin evaporator. The cooling capacity decreases
from 0 to 50 % ice fraction to about 60 to 65 %. For the finned tube evaporator the cooling capacity
decrease for the same ice fraction range to about 80 to 85 %.
Figure 4 (right) shows the energy efficiency ratio (EER) of the charging process versus ice fraction
for both evaporator types and for varying outdoor unit part load factor. The EER varies between 2
and 4.4. It decreases with increasing part load factor and increasing ice fraction. The EER for the
split-unit at a part load factor of 75 %, an ambient temperature of 25 °C and an indoor temperature
25 °C can be estimated using the catalog data (Swegon, 2016) and the info sheet for SEER
calculation according to eco design regulation (Fujitsu, 2015) to 6.0.
In Figure 5 charging time and average energy efficiency ratio between a storage temperature of
15 °C and an ice fraction of 50 % are shown as function of outdoor unit part load factor.
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Figure 5: Charge time and average energy efficiency ratio versus outdoor unit part load factor
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Charging times for the finned tube evaporator are 40 to 45 minutes lower compared to the fin and
tube evaporator for the same part load factors. For part load factors lower than 60 % a strong
dependency between charging time and part load factor can be observed. A further increase of the
part load factor result in only minor reductions of the charging time.
Average energy efficiency ratios for the defined charging range and ambient temperature of 20 and
25 °C vary between 2.4 and 3.9. Outdoor unit part load factor and average energy efficiency ratio
show approximately a linear dependency.
3.4.

Results – Direct Cooling Mode

In direct cooling mode the cooling capacity supplied by the outdoor-unit is directly transferred to the
water cycle. Ideally no change of storage state of charge occurs. Cooling capacity is limited by the
heat transfer conditions in the storage. Heat transfer is characterized by forced convection due to
the storage water flow rate. Evaporation temperature has to be limited to avoid ice growth on the
surface. In this case the cooling capacity supplied by the outdoor-unit exceeds the cooling capacity
transferred to the water cycle.
Figure 6 shows the maximum cooling capacity and the corresponding energy efficiency ratio
depending on the storage volume flow rate for the finned tube evaporator. Maximum cooling capacity
increases with increasing water flow rate, due to the improving heat transfer conditions. Energy
efficiency ratio decreases with increasing cooling capacity due to the higher part load factor in the
outdoor unit.
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cooling capacity [kW]
energy efficiency ratio [-]

4,0
3,5
3,0
2,5
2,0
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0,5
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4,5
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5,5

6,0

storage volume flow rate [l/min]

Figure 6: Maximum cooling capacity and energy efficiency ratio versus water volume flow rate for
finned tube evaporator

4. CONCLUSIONS
Based on daily characteristic of cooling demand and photovoltaic electricity generation in residential
buildings the integration of a cold storage into the AC-system can significantly increase photovoltaic
self-consumption. Integrating the ice storage into a mono-split-AC-system is a potential option. The
system benefits from the high energy efficiency and low investment cost of mono-split-systems.
Using an assessment matrix approach the large number of conceivable integration options is
reduced to a few technically promising and economically feasible options. Three basic options were
presented and discussed. Experimental investigations have been carried out for all three options.
Here the results of the charging process including operation experiences are discussed.
No additional modifications of the outdoor-unit were required. Only a mass flow sensor was
implemented between condenser and expansion valve. A successful interaction, an efficient and
stable operation of the outdoor unit with the connected storage was achieved after installation of
additional refrigeration and electronic components. The required refrigerant charge had increased
by about 100 g of R410A. As mono-split-units are designed to operate at evaporation temperatures
above 0 °C, some protection functions had to be outwitted.
Charging process at part load factors between 20 and 75 %, ambient temperatures between 20 and
25 °C result in energy efficiency ratios between 2.0 and 4.4. In direct cooling mode in case of
maximum achievable cooling capacity at given water flow rate and an ambient temperature of 25 °C
energy efficiency ratios between 3.5 and 4.8 were achieved.
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The efficiency during charging process is acceptable as in many cases there are not a lot of other
applications for self-consumption during the day. For direct cooling mode the required efficiency ratio
of 4.6 according to the German quality label Blauer Engel (EER = 4.6 at 27 °C room temperature
and 35 °C ambient temperature) will be achieved only in low part load ranges.
Option 2 and 3 are more sensitive to the amount of refrigerant charge. Especially toggling from ice
storage to indoor unit evaporator is challenging as refrigerant is adhered in the evaporator due to
low temperature level around. Further investigations on discharge process using an adapted pump
in the refrigerant cycle are carried out, now.
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pressure (kPa)
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ABSTRACT
Dehumidifier of vapor compression type is widely used to remove moisture of air in small capacity
situations of dehumidification because of such advantages as lower price and very convenience.
However, lower evaporating temperature than dew-point of air supply resulting in low energy
efficiency is the main drawback. To overcome the barrier, a novel dehumidification system with
zeotropic refrigerants has been proposed in the paper. The proposed system can achieve dual
evaporating temperature and dual condensing temperature by using one regular single-stage
compressor. Based on verified models, the performance for the proposed dehumidification system
under different conditions has been investigated. The results implied that (1) compared to regular
dehumidification system, the proposed system can enhance COP by 10.6%~14.5% and
dehumidification efficiency by 7%~13.6% under different conditions; (2) the proposed system has
good potential for small capacity dehumidification applications.
Keywords: Dehumidification System, Component Separation, Zeotropic Refrigerants, Simulation.

1. INTRODUCTION
Conventional dehumidification systems are used to cool and remove moisture from hot and humid
indoor air. Low energy efficiency is the main drawback because of lower evaporating temperature
than dew point (Liu et al., 2016). To overcome the barrier, many solutions were proposed. The most
efficient way is separate sensible and latent cooling system (SSLC).
Much work in this area was focus on using a vapor compression cycle to conduct the sensible load
and the solid or liquid desiccant system to remove the latent load (Jia et al., 2006). As a result, the
hybrid system can achieve more than 40% improvement on energy saving over that of conventional
dehumidification system. However, a relatively high temperature heat source is necessary to
regenerate the desiccant, which severely constrains its further application (Neti and Wolfe, 2000).
Actually, using electricity to regenerate is common and convenient, which substantially eliminates
the merits of the hybrid system.
To break through the limitation, SSLC system using two independent separate cycles with two
separate compressors is developed (Ling et al., 2010). Investigated results presented 30%
improvement on COP is realized compared to that of conventional system. However, expensive
initial investment compels that it is hard to use for small capacity dehumidification situations. To
improve the economy, twin rotary compressor in one shell with two suction structures was applied
to replace two separate compressors (Cao et al., 2017). Though this technology indeed reduced the
initial investment and enhanced the energy efficiency, it was still too expensive and complicated to
use for small capacity dehumidifier.
In general, many SSLC technologies can solve the issue of low energy efficiency for regular
dehumidification system, but all of them are not suitable to use in small capacity dehumidifier.
Consequently, a novel dehumidification system using zeotropic refrigerants for dehumidifier is
proposed. The proposed system, using one regular single stage rotary compressor, can achieve
dual condensing temperatures and dual evaporating temperature by utilizing the component

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4077

separation in two phase balance status and temperature glide of zeotropic refrigerants. Furthermore,
the system simulation platform including distributed parameter models of rotary compressor and finand-tube heat exchangers is built and verified. Based on verified models, the performance research
on the proposed system is conducted.

2. NOVEL DEHUMIDIFICATION SYSTEM
Fig.1 shows the schematic diagram of the novel dehumidification system. As shown as Fig. 1, the
novel system includes one regular single stage rotary compressor, two condensers, two evaporators,
flash tank and two expansion devices. The high temperature refrigerant from the discharge port of
compressor (2) enters the high temperature condenser into two phase refrigerant (gas quality:
roughly 0.5) and further flows into the flash tank (3). The gas refrigerant in the flash tank flowing in
low temperature condenser (3’) turns into subcooled liquid refrigerant (4) that is throttled by the
expansion device. The low temperature refrigerant (5) from the expansion device flows into the low
temperature evaporator becoming the superheat gas refrigerant (6). The middle temperature
refrigerant (7) from the bottom of flash tank throttled by the expansion device and the outlet
refrigerant of the low temperature evaporator (6) gather together into the high temperature
evaporator. The superheat gas refrigerant (1) evaporating in the high temperature evaporator is
sucked by the suction port of compressor.
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Figure 1: Schematic diagram of novel dehumidification system

The proposed system can realize two evaporating temperatures and two condensing temperatures
by using the characteristic of component separation of zeotropic refrigerants in two phase status.
Actually, the refrigerant of high boiling point will condense easily and the one of low boiling point is
hard to condense in the high temperature condenser. Consequently, the liquid refrigerant in the flash
tank will enrich the component of high boiling point and inversely the low boiling point refrigerant is
enriched in the gas refrigerant. By using the principle of component separation, separating
refrigerants of different boiling point in the flash tank flow into different evaporators. Because
refrigerants with different mass fraction of high or low boiling point composition under the equal
pressure have different saturated temperature, the dual evaporating temperatures for the proposed
dehumidification system can be achieved.
Generally, by using the component separation and temperature glide of zeotropic refrigerants, the
novel dehumidification system can realize stepped cooling and dehumidifying and is close to Lorenz
cycle. Compared to conventional SSLC technologies, the system structure is considerably simplified
and the initial investment is reduced substantially. Because of the merits of simple structure and low
cost, the proposed system has a remarkable application prospect and is expected to use for small
capacity dehumidifier.
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3. METHODOLOGY AND RESEARCH CONDITION
To evaluate the effects of the proposed system, a system simulation platform was established. For
improving the computational accuracy and analyzing internal heat transfer characteristics of
zeotropic refrigerants, the distributed parameter models for rotary compressor and fin-and-tube heat
exchangers were considered (Liu et al., 2016). Furthermore, the experimental data including
compressor, fin-and-tube heat exchangers and systems were connected to verify the deviation of
models (Liu et al., 2018).
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Figure 2: Designation diagram of novel dehumidification system
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Table 1. Structure parameters of rotary compressor

Eccentric
rate
(-)
0.2

Thickness of
cylinder
(mm)
23.2

Angle of suction
port
（rad）
0.69

Angle of
discharge port
（rad）
5.96

Table 2. Structure parameters of heat exchangers
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Based on verified models, the proposed system including the rotary compressor, the heat
exchangers and other devices was designed. The numbers of rows and path-flowing for the heat
exchangers were optimized. Fig. 2 shows the designation diagram. As shown as Fig. 2, all of the
heat exchangers were designed as counter flow. The numbers of row and path-flowing for the high
temperature condenser were confirmed as 3 and 2, respectively. The low temperature condenser
was designed as 1row and 1path-flowing. The two evaporators were fixed as 3 path-flowing. Actually,
the capacities of heat exchange for the low temperature condenser and two evaporators are roughly
equal, but the areas of heat exchangers have an obvious difference. The reason is that the low
temperature evaporator has a very small temperature difference of heat exchange compared to that
of the low temperature condenser. According to the optimized results, the parameters for the
compressor and heat exchangers can be described as Table 1 and Table 2.
In this paper, the air temperature is fixed as 27 oC because the proposed dehumidification system is
expected to use for small capacity dehumidifier which is commonly placed in the indoor. The mass
flowrate of air and subcooling degree of the low temperature condenser are fixed too. However, the
superheat degrees for the two evaporators are not fixed simultaneously under different conditions.
Finally, the working conditions are confirmed as Table 3. As a comparison of the novel system, a
regular dehumidification system which numbers of row for the condenser and evaporator are
respectively equal to 5 and 4 was also designed. R407C and R134a were used for the novel system
and regular system, respectively. The refrigerants properties are calculated by call the functions of
REFPROP (Lemmon et al., 2007) in the simulation software.
Air temperature
（℃）
27
27
27
27
27
27
27
27
27

Table 3. Working conditions

Humidity ratio of air
（g/kg）
10.39
11.39
12.39
13.39
14.39
15.39
16.39
17.39
18.39

Mass flowrate of air
（m3/h）
300
300
300
300
300
300
300
300
300

Subcooling degree
（℃）
10
10
10
10
10
10
10
10
10

4. RESULTS AND DISCUSSION
4.1.

Internal Heat and Mass Transfer

As mentioned above, when the refrigerant into the flash tank is two phase status, the phenomenon
of component separation will happen. Fig. 3 presents the component separation in the flash tank
(gas quality: 0.5). As shown as Fig. 3, the liquid refrigerant in the flash tank has a higher mass
fraction of high boiling point component (R134a) and a lower mass fraction of low boiling point
component (R32) than those of the inlet refrigerant. Inversely, mass fraction of R32 is higher and
R134a is lower in the gas refrigerant.
Because of the component separation of zeotropic refrigerants at two phase status, separating
refrigerants in the flash tank under the same pressure present two different temperatures. The
refrigerants enriching low boiling point into the low temperature condenser result in lower
temperature compared to the high temperature condenser as Fig. 4a. Similarly, the refrigerants from
the low temperature condenser into the low temperature evaporator have a lower evaporating
temperature over those of high temperature evaporator under the same pressure as Fig. 4b. In
general, compared to conventional dehumidification system, the proposed system has a matching
heat exchange process and can remarkably reduce the heat transfer loss.
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mass fraction

Figure 3: Phenomenon of component separation in flash tank
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Figure 4: Heat transfer process in condensers and evaporators

4.2.

System Performance under Varying Conditions

Fig. 5 shows the temperature parameter changes for refrigerant and air under different conditions.
Actually, under the condition of comparative cooling capacity, the temperature difference of air
between the outlet and the inlet will decrease with the increase of humidity ratio of the inlet air
because of the increase of latent heat proportion. In this research, the compressor speed is fixed as
50Hz. With the increase of humidity ratio, the temperature differences of heat transfer in the
evaporators are increasing. Then the evaporating temperature is increasing with the increase of
humidity ratio as Fig. 5a. The outlet temperatures of air at all of heat exchangers are also increasing
as Fig. 5b. The reason can be attributed to the increase of latent heat sector with the increase of
humidity ratio. Actually, the heating capacity at condenser will increase with the increase of
evaporating temperature under the fixed compressor speed. The increases of heating capacity and
latent heat ratio both result in the increasing condensing temperature as Fig. 5a. Besides, the gas
quality in the flash tank presents a slowly increasing tendency but keeps almost constant around 0.5.
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Because gas quality in the flash tank is around 0.5 as Fig. 5a, the capacities of heat transfer for the
low temperature condenser and evaporators should be similar as Fig. 6a. As shown as Fig. 6a, high
temperature condenser has a highest capacity of heat transfer. The reason is the discharge
refrigerant has a larger superheat degree. With the increase of humidity ratio, the capacities of heat
transfer for the heat exchangers are increasing as the increase of the evaporating temperature as
Fig. 5a. Fig. 6b shows the dehumidification capacities of two evaporators. With the increase of
humidity ratio, the latent heat proportion for the high temperature evaporator is increasing but keeps
almost same for the low temperature evaporator as Fig. 6b.
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Figure 7: System performance under different conditions

To evaluate the performance of the proposed dehumidification system, a comparative research has
been done. A regular dehumidification system using the same as parameters of compressor and
areas of heat exchangers with the novel system is considered as comparison. The path-flowing and
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number of rows for the condenser and evaporator of the regular system are optimized. The
compressor speed of the regular system is varying under different conditions to insure the
comparative dehumidification capacity with the novel system. Fig. 7 shows the simulation results.
The results indicate that the proposed dehumidification system presents improvements on COP by
10.6%~14.5% as Fig. 7a and dehumidification efficiency by 7%~13.6% as Fig. 7b under different
conditions over the regular dehumidification system.

5. CONCLUSIONS
Separate sensible and latent cooling system is confirmed as a promising solution to replace regular
dehumidification systems. Currently, many technologies for separate sensible and latent cooling
system were developed, but all of them are too expensive or complicated to suit for small capacity
dehumidification situations. In this paper, a novel dehumidification system using zeotropic
refrigerants has been proposed. The proposed dehumidification system can realize dual evaporating
temperatures by using one single cylinder rotary compressor. Compared to current SSLC system,
the proposed system has the merits of simpler structure and lower price. Based on verified models,
the heat transfer process and system performance of the novel dehumidification system were
analyzed and evaluated. The results show:
(1) Compared to conventional dehumidification system, the proposed dehumidification system has
a more matching heat exchange process;
(2) Compared to regular dehumidification system, the proposed dehumidification system can
enhance COP by 10.6%~14.5% and dehumidification efficiency by 7%~13.6%;
(3) The proposed system has good potential for small capacity dehumidification situations.

REFERENCES
Cao, X., Zhang, C.L., Zhang, Z.Y., 2017. Stepped pressure cycle – A new approach to Lorenz cycle,
International Journal of Refrigeration, 74, 283-294.
Jia, C., Dai, J., Wang, R., 2006. Analysis on a hybrid desiccant air conditioning system. Applied
Thermal Engineering 26, 2392-2400.
Lemmon, E.W., Huber, M.L., McLinden, M.O, NIST Reference Fluid Thermodynamic and Transport
Properties Database, NIST 23, (REFPROP), Version 8.0, National Institute of Standards and
Technology: Gaithersburg, MD, 2007.
Ling, J.Z., Hwang, Y.H., Radermacher, R., 2010. Theoretical study on separate sensible and latent
cooling air-conditioning system. International Journal of Refrigeration, 33, 510-520.
Liu, C., Zhang, H.F., Zhang, L., 2016. Development of a Novel Structure Rotary Compressor for
Separate Sensible and Latent Cooling Air-Conditioning System, 23rd International
Compressor Engineering Conference at Purdue, July 11-14.
Liu, X.R., Liang, X.F., Wu, Y.W., 2018. Performance investigation on ASHP of two-stage
compression with flash tank using R32/R41 refrigerant mixtures, 9th Asian Conference on
Refrigeration and Air-conditioning, June 10-13,Sapporo, Japan.
Liu, X.R., Wang, B.L., Shi, W.X., 2016. Comparative research on air conditioner with gas-injected
rotary compressor through injection port on blade, Applied Thermal Engineering 106(2016) 6775.
Neti, S., Wolfe, E., 2000. Measurements of effectiveness in a silica gel rotary exchanger. Applied
Thermal Engineering 20, 309-322.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4083

Manuscript ID:1459
DOI: 10.18462/iir.icr.2019.1459

Comparative analysis of vacuum membrane distillation
regenerator and traditional regenerator in liquid desiccant air
conditioning system
Junming ZHOU, Xiaosong ZHANG,
School of Energy and Environment, Southeast University, Nanjing 210096, China,
230179378@seu.edu.cn

ABSTRACT
In order to solve the problem of poor regeneration performance of the solar solution dehumidification
air conditioning regeneration system under high temperature and high humidity weather conditions.
In this paper, a novel vacuum membrane distillation (VMD) solution regeneration method was
proposed for a solution desiccant air conditioning system, and a theoretical study of this novel
regenerator is performed. Through the analysis of heat and mass transfer, the mathematical model
of VMD regeneration is established, and the mathematical model is verified by experiments. The
results indicated that VMD regenerator not only could increase the regenerate rate, but also could
exhibit higher energy utilization efficiency. At the same concentration, the VMD regenerator has a
higher regeneration performance, and the regeneration rate is 1.6-2.4 times that of the internal heat
type regenerator,and the 4.5-6 times that of the adiabatic regenerator.
Keywords: Liquid Regeneration, Modeling, Heat and Mass Transfer, VMD.

1. INTRODUCTION
Solar Liquid Desiccant Air Conditioning System (SLDAS) is a novel air conditioning system with good
energy saving potential, which has the characteristics of environmental protection and low-grade
thermal energy drive. The traditional solution regeneration method relies heavily on the conditions
of the surrounding environment. Yin and Qian (2014) concluded that under the conditions of high
temperature and high humidity, the regeneration effect cannot meet the demand for dehumidification.
In order to ensure the stability of the solar solution regeneration system under high temperature and
high humidity weather, it is necessary to find a new regeneration process. It is worth noting that
(Chen and Xu,2017) analysis shows that the energy consumption of the solution regeneration
process accounts for more than 75% of the total energy consumption of liquid dehumidification air
conditioners(LDAC). Therefore, seeking a method with low energy consumption and higher
regeneration efficiency is critical to the system performance of LDAC.
Membrane distillation (MD) is a novel membrane separation technique combining membrane
separation with evaporation. MD is a thermally driven process that utilizes the vapor pressure
differential across the hydrophobic porous membrane as a driving force to achieve membrane
separation of solute and solvent. Compared with the traditional heat regeneration process, MD
regeneration can be operated with a lower heat source (40-80°C) (Drioli and Macedonio, 2015). The
water flux of VMD is usually larger than that of other MD because only the diffusion flux of water
vapor exists in the membrane pores (Luo and Lior, 2017). In addition, another advantage of VMD is
that the heat loss is small because the insulation layer cannot be conducted through the membrane
by vacuum. Therefore, heat transfer through the membrane is negligible (Chiam and Sarbatly, 2013).
Different from the seawater desalination process of VMD regeneration and drinking water production,
the regeneration of the dehumidification solution involves the removal of only a small amount of
water in the higher concentration solution.
Membrane distillation technology is mostly applied in seawater desalination and wastewater
treatment processes. Recently, membrane distillation technology in solution dehumidification air
conditioners has also been investigated (Duong et al., 2017). Duong et al.(2018) evaluated the ability
of three commonly used liquid desiccant solutions for membrane distillation (MD) regeneration in
LDAC. The results indicate that the polarization effect has a considerable effect on the process water
flux during the MD regeneration of these desiccant solutions. (Lefers et al., 2018) describe the testing
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of a vacuum membrane distillation system for liquid dehumidification. It was found that a 30 wt%
magnesium chloride solutions obtained an average flux of 8 kg/m 2 × h at a temperature of 50℃.
(Chen et al., 2018) studied a vacuum multi-effect membrane distillation system (V-MEMD) for liquid
desiccant regeneration. Compared to existing liquid desiccant regeneration systems, specific energy
consumption is reduced by 10-50%. (Abdel-Salam et al., 2014) reviewed the application, energy
saving, economic and environmental impact of liquid-air membrane energy exchangers (LAMEE) in
dehumidification applications. The conclusion is that the LAMEE system has the potential to reduce
the capital and operating costs of HVAC systems by reducing energy consumption and component
size. The solution-side effectiveness of LAMEE as a regenerator was evaluated (Moghaddam et al.,
2014). The current research finds that it is feasible to use membrane distillation technology for
solution regeneration, but there are few studies on the influence of various parameters on the
performance of the distillation process of vacuum membrane distillation solution. Therefore, research
in this area must be able to promote understanding of the parameter control and performance of
membrane distillation-based solution regeneration systems.
In this paper, the mathematical model of VMD regeneration was established and the mathematical
model was verified. Using the established numerical model of the hollow fiber VMD to evaluate the
performance of VMD regeneration. This has provided support for the application of VMD
regeneration in solution desiccant air conditioning systems, especially in hot and humid areas.

2. SYSTEM DESCRIPTION AND MATHEMATICAL MODEL
2.1. System Description of Solar VMD Regeneration System
This paper presents a solar VMD regeneration system shown in Fig.1a. The system consists of solar
collectors, VMD regenerator (Fig.1b), concentrated solution tanks, vacuum pumps, condensers etc.
The dilute solution first flows into the solar collector and is heated. In the VMD regenerator tube, a
hollow fiber membrane is established. A vacuum pump is utilized to draw a vacuum on the cold side
of the membrane to increase the pressure difference between the vapor on both sides of the
membrane, thereby obtaining a higher distillation flux. The system effectively uses solar energy and
can still regenerate the dehumidification solution stably and efficiently under high temperature and
high humidity conditions.
Dehumidifier

Heat
Exchanger

Concentrated solution inlet
membrane

Temperature boundary
layer
steam

Solar collector
Tf

Vacuum
pump

Tfm
Tpm

Dilute solution
tank

VMD
regenerator

Low
pressure air

Concentrated
solution tank

Cf

Cfm

Solution pump

Solution pump

Dilute solution inlet

(a)Schematic diagram of system

Concentration boundary layer

(b) Schematic of VMD heat and mass transfer

Figure1: The solar VMD regeneration system

2.2. Mathematical Model
2.2.1. Heat and mass transfer mathematical model of VMD regeneration
The dilute solution flows in the tube side of the hollow fiber membrane in the VMD regenerator. The
shell side is in a negative pressure environment. In this paper, based on the heat and mass transfer
equation of the solution in the hollow fiber membrane tube, the mathematical model of the VMD
regeneration process is established.
Convective heat flux in the tube side
The heat of the solution is transferred to the inside of the membrane by convective heat transfer.

q f = h f (T f - T fm )

Eq. (1)

Transmembrane heat transfer flux
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The heat reaching the surface of the membrane is mainly transmitted to the outside through the
latent heat of vaporization, and at the same time, part of the heat is transferred to the outside through
the heat conduction of the membrane.

qm = NH + le (Tfm - Tpm )

Eq. (2)

The thermal conductivity of the membrane is composed of the gas thermal conductivity in the pores
of the membrane and the thermal conductivity of the solid membrane.

le =ela +(1-e )lm

Eq. (3)

For steady-state solution regeneration, the fluxes of equation (1) and equation (2) are equal.
Heat transfer on the shell side
The shell side is in a negative pressure environment. Since the gas is drawn faster from the cold
side of the membrane, the shell-side gas temperature gradient is small, so the temperature change
is ignored.
2.2.2. VMD water flux and diffusion coefficient
The diffusion mechanism of the gas in the membrane during VMD regeneration is determined by the
mean free path λ of the molecular motion and the size of the membrane pores. The Knudsen number
is described as the ratio of the mean free path (λ) of the molecule to the pore diameter of the
membrane (d): kn=λ/d.
If kn is between 0.01 and 10，diffusion mechanism for the transition zone, both the collision of gas
molecules with the pore wall and the collision between gas molecules should be considered. The
molar ﬂow rate can be represented by the following equation:

é 2 8M 12 e r 1 e r 2 MPavg ù
+
)
N =ê (
ú Dp
ë 3 p RT dt 8µ dt RT û

Eq. (4)

2.2.3. Performance indexes
In general, the regeneration rate (mw) is used to determine the amount of vapor removed from
the solution in the regenerator, which is calculated as Eq. (5):

mw = N • A / 3600

Eq. (5)

The regeneration rate reflects the direct benefit of the regenerator regeneration process. The VMD
regeneration process requires energy compensation. The total input of heat of the VMD regenerator
can be expressed as Ep. (6) (Sarbatly and Chiam, 2013):

Qs = msCp(Ts,in - Ts,out )

Eq. (6)

In order to describe the energy utilization efficiency of the regeneration process, the energy efficiency
of the regeneration process is generally defined to measure energy use efficiency:

h=

mw H
Qs

Eq. (7)

The concentration polarization phenomenon will reduce the mass transfer during membrane
distillation and concentration polarization coefficient can be expressed as:
polarization coefficient can be expressed as:

TPC =

CPC =

Tfm
Tf .

Cfm
Cf .Temperature

2.3. Simulation Calculation Process
The heat and mass transfer process of vacuum membrane distillation solution regeneration ware
simulated by MATLAB software. The solution procedure is as follows: (1) Input membrane structural
parameters and the dilute solution inlet state parameters. (2) Assume the initial temperature and
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solution concentration of the solution. (3) Calculate the heat transfer coefficient, diffusion coefficient
and membrane flux in the solution. (4) Solving linear equations to obtain the temperature and
concentration of the solution.

3. VALIDATION OF MODELS
Lefers et al. (2004) show that the membrane distillation flux varied primarily as a function of the
solution vapor pressure, while the type of inorganic salt used was not influential. The relevant
parameters of the experiment in Lefers et al.(2004) and Alsalhy et al.(2017) are given in Table 1.
This paper uses the LiCl solution as a desiccant. Under the same equilibrium relative humidity
conditions, the simulation results of the established mathematical model are compared with the
experimental data in (Lefers et al.(2004) and Alsalhy et al.(2017 as shown in Fig.2. It can be
observed in Fig. 2a that the simulated flux of LiCl solution is basically the same as the experimental
flux of CaCl2 and MgCl2 solutions, and the maximum error is less than 15%. Fig 2b shows the
experimental value of the VMD Regenerator at different flow rates, where the membrane flux is
between±15%, respectively, compared to the calculated values.The results show that the
mathematical model of VMD regeneration can be used to obtain accurate results under experimental
conditions.
Table1. The simulation parameters used for the model validation of VMD

temperature Flow rate
30℃

Alsalhy et al.(2017)

40-65℃
Numerical membrane distillation flux
kg/m2·h

Lefers et al.(2004)

0.83m.s-1 MgCl2/CaCl2 3 mbar
0.2-1 m.s

H2O

-1

4 kPa

pore
size

1

1.8/2.6 mm 0.47 m 0.2um

40

0.6/0.87 mm 0.4 m 0.29um

90

7

80

6

70

5

+15%

60

4

+15%

50

-15%

3

40

0.2m/s
0.3m/s
0.4m/s
0.5m/s
0.6m/s
0.8m/s
1m/s

-15%

30

2

20

MaCl2
CaCl2

1
0

Vacuum No. of Inside/outsid
length
pressure fiber e diameter

liquid

Numerical membrane distillation flux
10^-4 kg/(m2·s)

Source

1

2

3

4

5

6

Experimental membrane distillation flux
kg/(m2·h)

10

7

0

10

20

30

40

50

60

70

80

Experimental membrane distillation flux
10^-4 kg/(m2·s)

90

Figure 2: Comparison of the VMD simulation data and the experimental data

4. RESULTS AND DISCUSSION
The most widely used solution regeneration is the packed tower regeneration model. The physical
model of the heat source side solution regeneration is generally used, and the research on such
physical models is extensive. Yin et al. (2010) compared the adiabatic regenerator to an internal
thermal regenerator that emphasized regeneration rate and regenerative thermal efficiency to
evaluate the performance of both regenerators. The dimensions of the regenerator were as follows:
the width of the regenerator (W) was 0.3 m and the height (H) was 1 m. The width of the channel II
(d) was 0.024 m。In the case of the same volume, the membrane shell has a length of 1 m, a shell
diameter of 0.135 m, and an inner diameter of 0.095. The parameters of the membrane fibre under
the same regeneration area are: the size of the hollow fiber membrane tube of the membrane tube
regenerator: the inner diameter is 0.0048 m, the thickness is 0.4 mm, and the length is 0.5 m. The
component filling rate in engineering applications is usually between 0.063 and 0.689, and the value
of this paper is 0.139.The number of fibres was calculated to be 40 using the filling rate formula.
In order to investigate the characteristics of VMD solution regeneration, this paper will analyze the
influence of the size of the hollow fibre membrane, solution inlet parameters, and vacuum degree on
the VMD regeneration effect, cost and energy utilization efficiency. The cost mainly includes the cost
of materials and equipment, as well as the electricity bill generated during the operation. The cost of
materials and equipment is mainly composed of solar collectors and membranes; the operating costs
are mainly composed of the electricity costs of the solution pump and the vacuum pump. Calculated
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according to 8 hours of work per day, the total cost of the year includes the cost of equipment and
materials as well as the electricity cost of the solution pump and vacuum pump. The relevant
parameters are shown in Table 2 (Sarbatly and Chiam, 2013;Guo et al., 2004)
Table 2. Parameters of cost analysis for vacuum membrane distillation

Parameter
solar collector

value
185$.m-2

Parameter
Electricity price

value
0.12$.kwh-1

Parameter

value
70%

hTH

-2

80%
G
700W.m-2
hp
By comparing the parameters of the membrane distillation solution regenerator with the parameters
of the adiabatic and internal heat regenerator solutions, it is possible to gain an in-depth
understanding of the internal operating rules and characteristics, to facilitate the discovery of their
respective advantages and disadvantages, and to provide conceptual guidance for the dimensional
design of the equipment. .The values of the operating conditions of Yin et al. are shown in Table
3.(Yin and Zhang , 2010)
Membrane material

90$.m

Table 3 Operating condition parameter values

Ta(℃)

Wa(g.kg ) Ma(kg.s-1) Ms(kg.s-1)
-1

30

11.5

0.015

Ts(℃)

Xs(%)

Tw(℃)

Mw(kg.s-1)

65

37

65

0.02

0.004

(1) Influence of solution flow state on regeneration performance
Fig.3a shows that when flow rate increases gradually from 1g.s-1 to 31g.s-1, the solution outlet
temperature rises from 23.2°C to 59.3°C and the concentration decreases from 42% to 37.7%. When
flow rate is greater than 10g.s-1, the change of temperature and concentration gradually becomes
gentle with the increase of flow rate and tends to the inlet solution state parameter. TPC and CPC
are also gradually gradual. This is because flow rate increases, the lower the residence time for a
solution of a unit mass. Fig 3b shows the regeneration efficiency and regeneration rate of the
adiabatic, internal heat regenerator and VMD solution regenerator as a function of flow rate. When
the solution flow rate is low (1g.s-1), the regeneration efficiency and regeneration rate of the
adiabatic regenerator are both negative, which means that the dehumidification process is carried
out in the adiabatic regenerator because the solution is supplied when the flow rate is low. The heat
of the regeneration process is less, and then the temperature of the solution rapidly drops after
entering the regenerator, and the partial pressure of water vapor on the surface of the solution begins
to be lower than the partial pressure of the air water vapor. The internal heat type regenerator can
provide heat to maintain the regeneration process at a lower flow rate, and the low flow rate of the
solution can effectively avoid the carrying of solution droplets in practical applications. Moreover, the
regeneration efficiency and the regeneration rate were also maintained at 68% and 0.11 g.s-1,
respectively, with the change in flow rate. The regeneration rate of the VMD solution regenerator
increased from 0.1g.s-1 to 0.5g.s-1 as the solution flow rate increased, and the VMD solution
regeneration efficiency increased from 94% to 97.6%. The increase of the flow rate increases the
disturbance of the solution in the membrane, reduces the heat and mass transfer resistance, and
increases the membrane regeneration rate and the regeneration efficiency. The maximum
regeneration rate of membrane is 4 times that of the internal heat type regenerator. The heat lost by
the solution through the membrane tube is less, and the membrane regeneration heat efficiency is
higher than that of the internal heat type regenerator. The cost of regeneration increased from 38$
to 84$, because as the flow rate increased, the power consumption of the solution pump increased,
and the area of the solar panel used to heat the solution also increased, resulting in an increase in
cost.
65

TPC

0. 94

42

50
45

40

40
35

0. 92

38

30
25

0. 90

20

36
0

5
Tout

10

15
20
25
TPC
Cout
Flow rate10-3（kg/s）

30
CPC

35

1. 10
1. 08
1. 06
1. 04
1. 02
1. 00

0. 6

60
40

0. 4

20
0

- 20

80
70
60

0. 0

50

- 0. 2
0
5
10
15
20
25
30
mr(adiabatic )
ηr(VMD)
ηr(adiabatic )
ηr( Internal heat) mr( Internal heat)
mr(VMD)

90

0. 2

- 40
- 60

100

The cost($)

55

0. 96

1. 12

80

regeneration rate（g/s）

60

1. 14

CPC

Solution outlet temperature(℃)

44

Solution outlet concentration(%)

0. 98

0. 8

100

70

Regeneration thermal efficiency（%）

1. 00

35

40
30

Cost

Flow rate10- 3（kg/ s）

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4088

(a)Solution outlet parameters
(b)The cost and energy utilization efficiency
Fig.3 Effect of solution inlet concentration on regeneration performance

(2) Influence of solution inlet temperature on regeneration performance
It is easy to seen from Fig.4a that when the solution inlet temperature is increased from 50°C to
100°C, the temperature of VMD regeneration outlet solution rises linearly with it, but the outlet
temperature variation is smaller than the inlet temperature variation. The outlet concentration of the
solution also increases with increasing temperature. And the increase in the temperature of the
solution inlet causes the TPC to decrease linearly and the CPC to increase linearly. When the
temperature is greater than 70°C, the rate of increase of the outlet concentration of the solution
increases significantly. This is due to the fact that as the temperature of the solution increases, the
vapor pressure of the solution increases exponentially with the temperature. The effect of solution
inlet temperature on the regeneration rate and regeneration efficiency is seen in Fig 4(b). It is not
difficult to see that when the solution inlet temperature is increased from 50℃ to 100℃, the
regeneration rate of the adiabatic, internal heat regenerator and VMD regenerator increases as the
solution temperature increases. The regeneration rate of the internal heat regenerator is 1.6-20 times
that of adiabatic, and the regeneration rate of the VMD regenerator is 2.5 times that of the internal
heat regenerator. The regeneration efficiency of the three regenerators increased with the increase
of the solution temperature. The VMD regeneration efficiency was always higher than the internal
heat type and the adiabatic type, and the regeneration efficiency was as high as 97%. When the
regeneration rate was 0.27g.s-1, the regeneration temperature and efficiency of the internal heat
type regenerator were 100℃ and 91%, respectively, and the temperature and efficiency of the VMD
regenerator solution were 64℃ and 96%, respectively. It can be seen that the VMD regenerator
reduces the unfavorable heat to the dehumidification process during regeneration. The cost has
increased from 40$ to 98$. This is because in order to heat the solution to a higher temperature, a
larger solar heat collection area is required, resulting in an increase in the total cost.
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(a)Solution outlet parameters
(b)The cost and energy utilization efficiency
Fig.4. Effect of solution inlet temperature on regeneration performance

(3) Influence of solution inlet concentration on regeneration performance
Fig.5a shows the effect of solution inlet concentration on the temperature and concentration of the
VMD regeneration outlet solution. When the solution inlet concentration increased from 30% to 40%,
the corresponding solution outlet temperature increased from 33 to 47°C, and the solution outlet
concentration increased from 33.3% to 42.3%. It can be seen that the concentration difference of
the inlet and outlet solutions decreases with the increase of the inlet concentration of the solution,
but the difference between the inlet and outlet concentrations only decreases by 0.01%. This is
because as the concentration of the inlet solution increases, the mass transfer driving force on both
sides of the membrane gradually decreases. Fig. 5b shows the changes of regeneration rate and
regeneration efficiency during the change of solution concentration. The calculation results show
that the regeneration rate and regeneration efficiency of the three regenerators decrease with the
increase of concentration. Mainly because the surface water vapor partial pressure decreases with
the increase of the inlet concentration of the lithium chloride solution, the mass transfer power
between the two sides of the membrane decreases, and the evaporation amount decreases,
resulting in a decrease in the regeneration rate. The heat at the inlet of the solution does not change
much, and the amount of water evaporated as the concentration of the solution increases, and the
less the portion of the heat converted into latent heat of steam, the lower the energy utilization
efficiency. At the same concentration, the VMD regenerator has a higher regeneration performance,
and the regeneration rate is 1.6-2.4 times that of the internal heat type regenerator. The VMD
regeneration cost is reduced from 65$ to 48$ as the concentration of the inlet solution increases.
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This is because as the concentration of the solution increases, the specific heat capacity of the
solution decreases. When the dilute solution is heated to the same temperature, the solar heat
collecting area is required to be reduced, and the total cost is reduced.
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Figure 5: Effect of solution inlet concentration on regeneration performance

5. CONCLUSION
(1) The VMD regenerator maintains high regenerative performance at higher flow rates with a
regeneration efficiency of up to 97% and avoids drift.
(2) At the same concentration, the VMD regenerator has a higher regeneration performance, and
the regeneration rate is 1.6-2.4 times that of the internal heat type regenerator,and the 4.5-6 times
that of the adiabatic regenerator.
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NOMENCLATURE
A

area (m2)

Greek letter

C

Concentration(%)

Cp

Specific heat capacity( kJ·(kg·k) )

H

Evaporation heat of vapor(kJ·kg )

k

d
h

thickness
Molecular free path(m)

Thermal conductivity of solution(J·m−1·K−1·s−1)

l
t

m

mass flow rate (kg·s )

ε

Porosity

M

Molecular weight

N

membrane water flux (kg·m−2·h−1)

fm Solution side of the membrane

P

pressure(kPa)

in

Q

Heating capacity (kW)

R

Hollow fiber membrane radius(m)

-1

-1

-1

Thermal efficiency
tortuosity

Subscripts
inlet

out outlet
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ABSTRACT
Liquid desiccant air conditioning systems have received more attention in recent years for their lower
energy consumption. A counter current-flow hyper-gravity dehumidifier using a rotating packed bed
was proposed in this paper. Rotating packed bed (RPB) uses a rotating part to create an artificial
centrifugal force which is stronger than gravity. The gas-liquid heat and mass transfer process will
be intensified in the hyper-gravity field. A mathematical model was established in this work. An
experimental apparatus is established to verify the mathematical model. The results show that good
agreement between the theoretical model and the experimental results was achieved in the present
study. The moisture removal rate can be enhanced by increasing the air flow rate, solution flow rate,
and rotating speed. And the dehumidification effectiveness can be improved by raising the solution
flow rate and rotating speed.
Keywords: Liquid Desiccant, Rotating Packed Bed (RPB), Hyper Gravity, Dehumidifier.

1. INTRODUCTION
The world requirement of equipment for heating, ventilation, and air-conditioning (HVAC) has
increased in the last few decades. Rising comfort requirements and increasing population have led
to a significant increase in energy consumption for air-conditioning systems. Temperature and
humidity control are essential and vital parameters for the indoor environment and human comfort.
It is feasible to regulate temperature and humidity by conventional vapor compression cycles. During
regulating the humidity they dehumidify the supplied air through cool-reheat processes. In these
cycles, the latent load of moisture content is reduced by reducing the temperature of the air. The air
temperature drops below the dew-point temperature which typically is lower than the set point, thus
a reheat coil is used to increase the sensible temperature of the air back to its set point.
Liquid desiccant air-conditioning systems have shown promising potential and application in the
controlling of temperature and humidity by its lower energy consumption and higher indoor comfort
(Misha et al., 2012). Therefore liquid desiccant dehumidification systems have drawn more and more
attention in recent years. Koronaki et al. (2013) established a counter-flow dehumidifier and
compared the performance of LiCl desiccant solution with it of LiBr rich desiccants solution. Bai et
al. (2017) investigated experimentally the performance of a cross-flow membrane liquid desiccant
dehumidification system using CaCl2 solution. Yang et al. (2014) proposed an ultrasonic atomization
dehumidification system which expanded the specific surface area of the desiccant solution in
dehumidifier dramatically by the ultrasonic atomization technology. Membrane liquid desiccant air
conditioning systems were promoted which used liquid-to-air membrane energy exchangers
(LAMEEs) instead of conventional direct-contact dehumidifiers (Zhang, 2012). Air and solution
streams are separated from each other in LAMEEs using hydrophobic semipermeable membranes.
There is an additional resistant for mass transfer in the LAMEE caused by the membrane which
results in the worse performance of mass transfer compared with the direct-contact dehumidifiers.
The membrane accounts for 6-12% and 26-43% of the overall heat and mass transfer resistance,
respectively, depending on the width of the air channel (Ge et al. 2017).
Hyper-gravity technology was originally proposed by Ramshaw and Mallinson (1981) as a process
intensification, which was regarded by using a rotating packed bed (RPB) and referred as “HIGEE”.
In the last three decades, the application of the hyper-gravity technology and its device the rotating
packed bed (RPB) have been used for process intensification in the field of chemical, energy,
environment and process engineering, especially in gas-liquid absorption, gas-liquid separation,
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liquid-liquid extraction, heat transfer, reactive crystallization and nanomaterial synthesis. HIGEE
devices use a rotating packed bed to create artificial centrifugal force which is 200-1000 times
stronger than gravity in order to enhance mass-transfer and up to 1-2 orders of magnitude, allowing
for a reduction in size of up to 10 times with respect to conventional packed bed for the same
separation (Rao et al. 2004; Zhao et al. 2010). In the hyper-gravity field, liquid splits into a thin film
and tiny droplets. Consequently, the heat and mass transfer can be enhanced compared with
traditional packed towers because of an enormous contact area and intensive mixing between gas
and liquid phases (Wang et al. 2008) and better self-cleaning of the rotor, which avoids plugging in
the system, and being unaffected by a moderate disturbance in its orientation (Tan et al. 2006).
Meanwhile, hyper-gravity relaxes flooding limits of the column that allows operation at higher gas
velocities. The entrainment liquid droplets generated from liquid film and tiny droplets will be
separated from air stream on account of the strong artificial centrifugal force. With these advantages,
extensive studies have been conducted to research the performance of absorption such as CO2 (Wu
et al. 2017), H2S (Guo et al., 2014), NOx (Li et al., 2010) and VOC (Hsu et al., 2012).
This study applied the RPB in the field of liquid desiccant. The rotating packed bed was employed
as a dehumidifier. A mathematical model was established. To verify the feasibility of the proposed
RPB liquid desiccant dehumidification system, a testbed for counter-flow RPB dehumidifier using
LiCl solution as the liquid desiccant was established, and the effects of the air flow rate, solution flow
rate and rotating speed on the moisture removal rate and dehumidification effectiveness were
experimentally studied.

2. MATHEMATICAL MODEL

Figure 1: (a) Schematic of the RPB dehumidifier model; (b) Control volume for the model.

In this section, a mathematical model was established to describe gas-liquid heat and mass transfer
for the liquid desiccant system in an RPB dehumidifier. The desiccant solution is distributed into the
rotating packed bed (RPB) and absorbs water vapor through direct contact with the air, as shown in
Fig 1. A theoretical model based on the finite volume method (FVM) to predict liquid desiccant in
RPB performance is developed. As illustrated in Fig. 1, the RPB is divided into n control volumes
along the radius. Considering the space between two adjacent packing layers as volume element
for the liquid desiccant system, energy and mass balance between air and solution in the control
volume can be expressed as following differential equations:

ms d hs + hs d ms = ma d ha

Eq. (1)

dms = ma dωa

Eq. (2)

The heat and mass transfer equations between liquid desiccant and air in the control volume are
defined respectively in Eqs. (3) and (4):
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ma d ha = hc Av dV (Ts - Ta ) + rTs ma d ωa

Eq. (3)

ma d ωa = hd Av dV ( ωe - ωa )

Eq. (4)

The mass transfer coefficient can be expressed as (Chen et al., 2006):
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Eq. (5)

The Le number which is usually assumed to be one (Gandhidasan et al., 1986) is defined as:

Le =

hc
hd c pa

Eq. (6)

On the basis of Eqs. (1)-(6), the outlet parameters of the air and solution can be calculated using the
model and the moisture removal rate and dehumidification effectiveness are obtained.

3. EXPERIMENTAL SETUP

Figure 2: Testbed for the novel high-gravity liquid desiccant dehumidifier.

3.1.

Testbed for the Countercurrent-Flow Rotating Packed Bed Dehumidifier

A testbed for a counter current-flow rotating packed bed dehumidifier using LiCl solution as the liquid
desiccant was established, shown in Fig. 2. The RPB dehumidifier comprised a stationary housing
and a doughnut rotor that was driven by a motor. The inner and outer radiuses of the rotor were 6
and 18 cm, respectively, and the axial height was 4 cm which was packed up with foamed nickel
with the specific surface area of 500 m2.m-3 and the porosity of 93%.
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3.2.

Measuring instruments
Table 1: Specification of the different measuring devices

Devices
Parameters
Accuracy
Range
Air flow meter
Flow rate (m3.h-1) ±2.5%@20 °C & 1 atm
0-180 m3.h-1
Thermometer
Temperature (°C) ±0.15 °C@23 °C±5 °C
-50-100 °C
Integrated
±0.2 °C &
Temperature (°C)
-40-80 °C &
temperature and
±1.0% (0-90 RH%)
& RH (%)
0-100 RH%
humidity sensor
±1.7% (90-100 RH%)
Solution flow
Flow rate (L.h-1)
±2.5%@20 °C & 1 atm
0-240 L.h-1
meter
Densitometer
Density (kg.m-3)
±1 kg.m-3@0-40 °C
0-2000 kg.m-3
Parameters of the RPB dehumidifier were measured before and after the dehumidifier with the
devices listed in Table 1. The positions of measurement devices are shown in Fig. 2. Mass fraction
of LiCl solution can be calculated based on the measurement results of density and temperature of
LiCl solution (Conde et al. 2004).

4. RESULTS AND DISCUSSION
4.1.

Evaluation Indexes of Dehumidification Performance

For the hyper-gravity liquid desiccant dehumidification system, the moisture removal rate (M) of
moist air presents the water amount separated from the humid air and is selected to indicate the
quantity of the mass transfer between the humid air and LiCl solution in the dehumidifier, shown in
Eq. (7).

M = ma ( ωa,in - ωa,out )

Eq. (7)

Dehumidification effectiveness (η) has been widely used to evaluate the mass transfer performance
of the dehumidifier in previous studies (Liu et al. 2006 & Bassuoni et al. 2011). The dehumidification
effectiveness (η) is defined as the ratio of actual different of the humidity ratio between the inlet and
outlet air to the maximum possible change, shown in Eq. (8).

η=

4.2.

ωa,in - ωa,out

Eq. (8)

ωa,in - ωe

Effects of Inlet Parameters and Operation Condition on the Performance

The effects of the air flow rate, solution flow rate, and rotating speed on the moisture removal rate
and dehumidification effectiveness of the RPB dehumidifier were studied. Table 2 shows the inlet
parameters and operation condition of experimental conditions in Figs. 3–5.
Table 2: Experimental conditions of hyper gravity liquid desiccant dehumidification

Xs,in (%)

ωa,in (g.kg-1)

Fig. 3

35.0±0.2

16±0.3

Fig. 4

35.0±0.2

16±0.3

Fig. 5

35.0±0.2

16±0.3

ma (kg.s-1)
0.0286
±0.0005
0.0286
±0.0005
-

ms (kg.s-1)
0.0267
±0.0005

Ta,in (°C)

Ts,in (°C)

N (r.min-1)

32.0±0.3

28.0±0.3

-

-

32.0±0.3

28.0±0.3

1000

0.0267
±0.0005

32.0±0.3

28.0±0.3

1000

4.2.1. Rotating speed of RPB
The hyper-gravity dehumidifier was tested at five different rotating speed. Fig. 3 shows the effect of
rotating speed on the moisture removal rate and dehumidification effectiveness of air in the
dehumidifier. It is apparent that the experimental results are in good agreement with the predicted
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values of the model. Both the moisture removal rate and dehumidification effectiveness of the air
goes up as rotating speed increases from 500 to 1500 r.min-1. As a result, the lower humidity level
to which the air can be dehumidified and dehumidification effectiveness can be higher at higher
rotating speed. This may because the growth of rotating speed increases the dispersion degree of
the desiccant solution and therefore increases the effective contact area between the solution and
air. Besides, increasing rotating speed increases the solution flow rate in the rotor which leads to the
improvement of the heat and mass transfer coefficients between the air and desiccant solution.

Figure 3. Moisture removal rate and dehumidification effectiveness under different rotating speed

4.2.2.

Solution flow rate

Figure 4. Moisture removal rate and dehumidification effectiveness under different solution flow rate
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As shown in Fig. 4, in both the experimental condition and the model, the moisture removal rate and
the dehumidification effectiveness increases with the flow rate of solution changing from 0.014 to
0.039 kg.s-1. In general, the experimental data was in line with the results of the model. It can be
explained as follows. The increase of solution flow rate decreases the mean surface vapor pressure
of the solution through the RPB dehumidifier and increases the mean vapor pressure difference
between the solution and air. In addition, increasing the solution flow rate increases the mass transfer
coefficients and also increases the effective contact area between the solution and air. Due to these
three reasons, the dehumidification effectiveness and moisture removal rate increases remarkably
with the growth of the solution flow rate.
4.2.3.

Air flow rate

Figure 5. Moisture removal rate and dehumidification effectiveness under different solution inlet
concentrations.

Fig. 5 displays the effect of air flow rate on dehumidification effectiveness and moisture removal rate
in RPB dehumidifier. As shown in Fig. 5, it is apparent that the experimental values were in good
agreement with the results of the model. The moisture removal rate increases while the
dehumidification effectiveness decreases with the air flow rate changing from 0.018 to 0.032 kg.s-1
under a certain rotating speed. This may because increasing the air flow rate leads to the increase
of the heat and mass transfer between the air and solution, meanwhile, the mean vapor pressure
difference is enlarged. Finally, the growth of the air flow rate increases the moisture removal rate.
The decrease of air residence time in the RPB dehumidifier increases the outlet air humidity ratio
which leads to the decrease of dehumidification effectiveness.

5. CONCLUSIONS
This paper proposes a rotating packed bed dehumidifier. The mathematic model of the RPB
dehumidifier was established. An investigation on the RPB dehumidifier is carried out experimentally
to verify the mathematic model. The moisture removal rate and dehumidification effectiveness are
employed as the performance indexes. Experiments are conducted to discover the effects of the air
flow rate, solution flow rate and rotating speed on the moisture removal rate and dehumidification
effectiveness. The RPB dehumidifier can improve its preference by increasing the rotating speed of
RPB. Experimental results show that dehumidification effectiveness can reach 0.621 at the rotating
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speed of 1500 r.min-1. Good agreement between the theoretical model and the experimental results
was achieved in the present study. Besides rotating speed, the moisture removal rate can be
enhanced by increasing the air flow rate, solution flow rate. The dehumidification effectiveness can
be improved by raising the solution flow rate.

ACKNOWLEDGMENTS
This work is supported by the National Natural Science Foundation of China (No.51876034).

NOMENCLATURE
Av
ha
hd
ma
M
rTs
Ts
Xs,in
ωa,out
η

specific area of the packing, [m2.m−3]
enthalpy of air, [kJ.kg-1]
mass transfer coefficient, [kg.m−2.s−1]
mass flow rate of air [kg.s-1]
moisture removal rate [g.s-1]
enthalpy of dilution at solution
temperature Ts, [kJ.kg−1]
temperature of solution [°C]
concentration of inlet solution [%]
humidity ratio of outlet air [kg.kg-1]
dehumidification effectiveness

cpa
hc
hs
ms
N

specific heat capacity of air, [kJ.kg−1.°C−1]
heat transfer coefficient, [kW.m−2.°C−1]
enthalpy of solution, [kJ.kg-1]
mass flow rate of solution [kg.s-1]
rotating speed of RPB [r.min-1]

Ta

temperature of air [°C]

V
ωa,in
ωe

volume of the packing, [m3]
humidity ratio of inlet air [kg.kg-1]
equilibrium humidity ratio of air
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ABSTRACT
The inverter air conditioner has been widely implemented due to higher energy efficiency and better
thermal sensation. Because the frequency of the compressor is modulated in a large range according
to the variation of the working conditions, the working states of the air conditioner varies a lot. The
thermodynamic potential should be analyzed to enhance the annual performance.
In this research, exergy analysis of experimental data is conducted for evaluating the irreversible
loss distribution of inverter air conditioners in different operating states, which shows that most
exergy loss in low frequency occurs in the evaporator and the compressor. Furthermore, thermal
resistance analysis on the evaporator illustrates that the inner thermal resistance is almost equal to
the external when it operates in low frequency.
This work clarifies that heat transfer enhancement on the refrigerant side of evaporators is the key
to improve the refrigeration efficiency of inverter air conditioners.
Keywords: inverter air conditioner, exergy analysis, evaporator, heat resistance, low-frequency,
partial load

1. INTRODUCTION
As one of widely used energy consumers in buildings, the air conditioners have consumed more and
more energy. According to statistic data published by International Energy Agency (IEA, 2018), space
cooling used about 10% of total electricity globally in 2016. Among types of air-conditioning systems,
mini-split air conditioner and multi-split air conditioner shared 77% of total stock capacity end that
year. As a typical air conditioner, inverter air conditioners can adjust the operating frequency
according to the indoor and the outdoor environments, which leads to a higher energy efficiency and
a better thermal comfort than constant speed air conditioner. As a result, the inverter air conditioners
are sharing more and more air conditioner market. Further improving the energy efficiency of inverter
air conditioners has become an important research topic.
Exergy analysis is an effective methods to identify weak points in energy utilization system. Yumrutaş
et al. (2002) obtained the expressions for the exergy losses and pressure losses for the individual
processes that make up the vapor compression refrigeration cycle (VCRC). Ahamed et al. (2011)
reviewed on the possibilities of researches in the field of exergy analysis in various usable sectors
where vapor compression refrigeration systems (VCRS) are used. Recently, exergy analyses on
VCRS mostly focus on the rated condition or simulated variable condition (Baakeem et al., 2018)
(Rostamzadeh et al., 2018). Less attention has been paid to exergy losses of individual components
with varying frequency in the actual operation. In fact, inverter air conditioners operate at low
frequency most of time because of the larger selection capacity meeting the need for rapid cooling.
For instance, Murakami et al. (2016) illustrated that an invert air conditioner of an ordinary office
operated at 50% or less load rate for about 90% of the annual operation time. As we know, the
coefficient of performance (COP) of inverter air conditioner does not continuously increase with the
decreasing frequency, which illustrates that exergy loss of inverter air conditioners will change with
operating frequency. Therefore, in order to investigate the potential to enhance the energy efficiency,
the exergy analysis on inverter air conditioners at full operating frequency is urgently needed.
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Fin-and-tube heat exchangers are applied to air conditioners generally. Because the heat transfer
coefficient (HTC) of two-phase refrigerant is much larger than that of air flow in the rated condition,
heat transfer enhancement of air side has been drawing more attention than that of refrigerant side.
Especially, the fourth-generation technology utilizing longitudinal vortex generators (LVGs) greatly
improves the heat transfer performance of air side (Awais and Bhuiyan, 2018;Li et al., 2015).
However, the mass flow of refrigerant decreases with reduced operating frequency, which influences
the uniformity of refrigerant distribution among multiple paths. These phenomena both have strong
effect on the HTC of refrigerant side. Comparatively, HTC of air flow mainly relies on the airflow rate
rather than operating frequency. Consequently, as for inverter air conditioners at the low operating
frequency most of time, it is necessary to identify the thermal resistance distribution between the air
side and the refrigerant side.
In this paper, the procedures of exergy destruction and thermal resistance is expounded firstly. Then
the experiment of the inverter air conditioner is conducted at full operating frequency. Based on the
experiment data, exergy loss and thermal resistance are analyzed successively. The results illustrate
key points of the potential to enhance the energy efficiency of inverter air conditioners.

2. EXERGY ANALYSIS FOR AIR CONDITIONERS
2.1.

Drivers of Exergy Loss in Air Conditioners
lg p
3

2

4

1 (1’)

h
Figure 1: Schematic of VCRC in air conditioner

Based on the VCRC, a common inverter air conditioner consists of a compressor, a condenser, a
throttling device, an evaporator and some connecting pipes. Fig. 1 provides the refrigeration cycle
on the logarithmic pressure-enthalpy diagram, which comprises the following processes: a)
compression (1 → 2) in the compressor: the vapor enters the compressor at state1 and exits with
higher temperature and pressure at stage 2; b) heat rejection (2 → 3) in the condenser: when
rejecting heat to the ambient air, the vapor at state 2 cools down and condenses to liquid-vapor twophase flow and leaves the condenser as subcooled liquid at state 3; c) throttling process (3 → 4) in
the expansion value: the liquid at state 3 turns into the liquid-vapor mixture at isoenthalpic state 4
with decreasing pressure and temperature; d) heat absorption (4 → 1’) in the evaporator: when
absorbing heat from indoor air, the liquid-vapor mixture at state 4 evaporates and exits as
superheated vapor at state 1’.
Due to the irreversibility of actual process, exergy losses occurs in each process. Compressor loss
is from impacts of clearance volume, internal friction, thermal loss, flow drag, etc., which results in
the non-isentropic compression process. Evaporator loss and condenser loss mainly derive from the
heat transfer with limited temperature difference combined with pressure drop of refrigerant.
Throttling process is a typical irreversible process because of mechanical mechanism, which causes
entropy generation with isoenthalpic line. Otherwise, exergy loss also occurs in connecting pipes
attributing to pressure drop and thermal leakage.
2.2.
Exergy Balance Analysis
In order to obtain the quantitative expression of exergy loss, exergy balance analysis is applied to
each component based on the principle of exergy-anergy conversion and energy destruction. For
the inverter air conditioner, these hypothesizes are taken account of as follows.
a) Refrigerant flow is considered stable and its kinetic energy and potential energy are ignored.
b) The influence of other power consumption components except the compressor on the exergy
efficiency of the system is not considered.
c) The ambient state is used as a reference state for the exergy analysis.
Regarding the individual component as the opening system, the exergy balance can be written as
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Eq. (1). The exergy carried by refrigerant flow enters the control volume at the inlet. In addition, some
external exergy is also input the system. The motor provides electricity for the compressor. As the
process is conducted, the system outputs some exergy as the harvest term accompanied by the
irreversible exergy loss. Subsequently, the refrigerant leaves the system carrying some exergy:

exin  exip  exout  exop   x

Eq. (1)

Exergy loss of each component can be derived from Eq. (1). Then, because exergy loss of the whole
system consists of separate losses of individual components, exergy efficiency of the whole system
and the relative exergy loss of each component can be gotten from Eq. (2) and Eq. (3) respectively.

ex 

exop
exip

x 

 1



x

Eq. (2)

exip

x

Eq. (3)

exip

For instance, as for the compressor, the electricity provided by motor is the input exergy, one part of
that is utilized to compress refrigerant vapor and the other is dissipated. Substituting the input exergy
into Eq. (1), exergy balance of the compressor can be rewritten as Eq. (4).

ex1 

P
 ex2  12
Mr

Eq. (4)

According to Eq. (4), exergy loss of compressor can be derived as in Table 1. Analogously, exergy
balance of other components can be described without input exergy. Especially, the expression of
evaporator contains the output exergy term, which is the cooling exergy for the air conditioner. Table
1 presents the exergy loss of individual components derived from exergy balance.
Table 1. Exergy loss expressions of air conditioner

Terms
Cooling Exergy
Exergy Loss in Compressor

Quantitative Value
To
exq0 = ( -1) (h1' -h4 )
Ti
P
π12 = -(h2 -h1 )+To (s2 -s1 )
Mr

Exergy Loss in Condenser

π23 =h2 -h3 -To (s2 -s3 )

Exergy Loss in Throttling device

π34 =To (s4 -s3 )

Exergy Loss in Evaporator

π41' =To (1-

Exergy Loss in Other
Components

πoth =

Te
) (s1' -s4 )
Ti

P
-exq0 -Σπ
Mr

Relative Value
exq0
ηex =
×100%
P⁄Mr
π12
Ω12 =
×100%
P⁄Mr
π23
Ω23 =
×100%
P⁄Mr
π34
Ω34 =
×100%
P⁄Mr
π '
Ω41' = 41 ×100%
P⁄Mr
πoth
Ωoth =
×100%
P⁄Mr

3. THERMAL RESISTANCE ANALYSIS FOR HEAT EXCHANGER
The total thermal resistance of the fin-and-tube heat exchanger is composed of refrigerant-side
resistance, tube wall resistance, dirtiness resistance, thermal contact resistance and air-side
resistance. Eq. (5) indicates the correlation between the total resistance and the separate resistance
concisely. In order to analyze the distribution of the thermal resistance, the separation from different
sides is a necessary approach.

Rtot  Rref  Rwal  Rdir  Rcon  Rair
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3.1.
Method of Thermal Resistance Separation
Because of the complexity of the convective heat transfer and the phase change heat transfer, the
HTC are mainly obtained from experimental correlation equations. Especially for the two-phase flow,
the HTC depends on numerous variable factors that are difficult to measure directly such as flow
pattern, quality, etc. Furthermore, the mass flow of refrigerant will change with the variable operating
frequency, which impacts on the refrigerant distribution among paths.
In this research, thermal resistance separation is conducted based on the experimental data. Firstly,
some key data can be acquired from experiment, such as state parameters of refrigerant, air
temperature, airflow rate, heat exchange capacity, etc. Then, logarithmic mean temperature
difference (LMTD) method is adopted to calculate total thermal resistance and air-side thermal
resistance. Finally, the data reduction of refrigerant-side thermal resistance can be realized based
on the composition of thermal resistance as presented Eq. (5).
3.2.
Data Reduction for Thermal Resistance
In order to discover characteristics at variable operating frequency, the main thermal resistance is
emphasized neglecting the slight parts. Several hypotheses are considered as following.
a) Thermal contact resistance is ignored because the tube expanding process was applied to the
fin-and-tube heat exchanger.
b) Dirtiness resistance is slight enough to be neglected because the inverter air conditioner is new
utilized in the test and the dust removal function was attached to that.
c) Compared with the tube wall resistance, the refrigerant-side resistance and the air-side
resistance account for a quite larger proportion of the total thermal resistance.
For the fin-and-tube heat exchanger, the total LMTD can be separated into the internal part and the
external part. If the refrigerant is saturated in the tube, the separation for dry condition is conducted
following Eq. (6) ~ Eq. (8):

 tair ,in  tref ,out    tair ,out  tref ,in  ln  tair ,in  tref ,out   tair ,out  tref ,in 



Rtot  


Eq. (6)

 tair ,in  two,out    tair ,out  two,in  ln  tair ,in  two,out   tair ,out  two,in 



Rair  


Eq. (7)

Rref  Rtot  Rair

Eq. (8)

For the dewing condition, Threlkeld method (Wang et al., 2007) is adopted to analyze the thermal
resistance of fin-and-tube heat exchangers, which proposed the logarithmic mean enthalpy
difference method. The temperature in LMTD is replaced to the equivalent enthalpy. The equivalent
enthalpy of tube wall equals to the saturated air enthalpy at the wall temperature. Analogously, the
equivalent enthalpy of refrigerant is ascertained based on the refrigerant temperature.

T

a1

a2

b2

B

A

b1

bs
Saturated Zone

Superheated
Zone

b2'

Q

Figure 2: Correction schematic for refrigerant temperature in superheated condition

If the superheated state occurs in the evaporator, the refrigerant temperature at outlet of the tube in
the LMTD should be corrected, otherwise the total thermal resistance would be smaller than the
actual value as shown in Fig. 2. In detail, the calculated refrigerant temperature at the outlet is
ascertained according to the principle of equal area in the T-Q diagram. When the area of shaded
zone A equals to that of shaded zone B, the calculated outlet temperature is located on b2’.
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4. ACTUAL MEASUREMENT FOR INVERTER AIR CONDITIONER
4.1.
Test System for Actual Measurement
The actual operating performance of the inverter air conditioner typed KFR-26 was tested in the air
enthalpy difference laboratory. In order to acquire the characteristic parameters of refrigeration cycle,
key measuring points were selected at the inlets and outlets of several main components. The
specific layout of measuring points is shown in Fig. 3.
The WTP program was used for testing, which meant testing the power of the compressor, the
temperature and pressure of each measuring point, the mass flow of circulating refrigerant, air flow
through the evaporator. In order to acquire the actual state parameters of refrigerant, drop-in
pressure sensors were installed at the inlets and outlets of compressor and condenser respectively.
To avoid leakage of refrigerant, temperature sensors were stuck on the tube wall. Therefore,
temperatures of refrigerant can be corrected based on the difference between the tube wall
temperature and the saturation temperature corresponding to the pressure in the two-phase region.
Measuring point T Temperature sensor P Pressure sensor W Power sensor
Ts Wet ball temperature
Refrigerant flow M Mass flowmeter
V Anemograph

Outdoor unit

Indoor unit

Condenser

Evaporator

Four-way valve

1'

T
T

T

2

Compressor

P

T

T

Ts

Ts

V

W
Ts
T

3
M

T
P

1

P

Throttling device

T

4

P

Figure 3: Test system diagram

4.2.
Test Condition
In actual operation, the operating frequency depends not only on the operating condition, but also
on the cooling load. It is hard to acquire the accurate relation between the operating frequency and
the operating condition. In addition, exergy value changes with the variable ambient temperature.
Therefore, in order to illustrate characteristics with variable operating frequency, a constant operating
condition was selected. The indoor dry / wet bull temperature is 27 / 19 ℃ and the outdoor dry / wet
bull temperature is 35 / 24 ℃. At the constant operating condition, the operating frequency was locked
every 10Hz from 80Hz to 10Hz. When the inverter air conditioner operated at steady states, the test
data would be recorded.

5. RESULTS AND DISCUSSION
5.1.
Exergy Loss Distribution
Fig. 4 presents the distribution of exergy loss among the main components. As operating frequency
reduces, the total exergy loss and individual exergy loss decreases except the state at 10 Hz, which
reflects the decreasing energy consumption with the reduced cooling demand. The increasing
evaporating temperature and the decreasing condensing temperature lead to the reduced pressure
ratio, compressor loss and throttling loss. Furthermore, heat transfer losses of heat exchangers also
decrease because of the decrescent heat transfer temperature difference. Pressure losses of heat
exchangers diminish with the decreasing mass flow of refrigerant. For the state at 10 Hz, very low
operating frequency leads to the wet compression, which deteriorates the compression efficiency.
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Figure 4: Distribution of exergy loss among different components

As for the relative loss, most of the exergy loss occurs in the compressor, the evaporator and the
condenser. Moreover, the compressor loss proportion gradually increases with the reduced
operating frequency when the operating frequency is lower than 50 Hz. Compared with the useful
work, effects of exhaust loss, internal dissipation, and motor loss largen, which leads to the
compressor loss ratio increases. For the evaporator, it is worth noting that the loss ratio just
decreases a little except the state at 10 Hz. This is because mass flow of refrigerant decreases,
which leads to the HTC decreases. The bad factor weakens the benefit of the decreasing
temperature difference between the inside and the outside in the evaporator. The similar effect also
happens in the condenser. However, when the operating frequency reduces, the condenser loss
ratio decreases significantly. When the frequency is as low as 20 Hz, the condenser loss ratio is
lower than 15%, which is the result of the slighter impact on the condensation process of refrigerant
vapor compared with the evaporation process. Therefore, the compressor and the evaporator are
the main components of exergy loss at low frequency.
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Figure 5: Distribution of thermal resistance of the evaporator

Fig. 5 presents the distribution of thermal resistance of the evaporator between the air-side and the
refrigerant-side. When the operating frequency is as high as 60 Hz, the thermal resistance ratio
between the air-side and the refrigerant-side is close to 8:2, which is accordant with the commence
sense for the fin-and-tube heat exchanger. However, the thermal resistance proportion of the
refrigerant-side obviously increases with the reduced operating frequency. At the very low frequency,
for instance, the refrigerant-side proportion is close to 40% at 10 Hz. First, the decreasing mass flow
of refrigerant deteriorate the HTC of the convective evaporation. Second, the maldistribution of
refrigerant between two paths gets obvious as presented in Fig. 6. The temperature difference
between two refrigerant paths of the evaporator and the condenser were respectively recorded.
Compared with the condenser, the temperature different of the evaporator obviously increase at 30
Hz, which is because the very small mass flow impacts on the distribution of two-phase refrigerant
between these two paths. Instead, the steep dropping temperature difference of the condenser
illustrates that the one path is at two-phase state and the other path is at subcooled state when the
operating frequency is high enough. When the operating frequency is lower than 50 Hz, the mass
flow of refrigerant is small enough to make the subcooled states both in these two paths.
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Figure 6: Temperature difference between two refrigerant paths

6. CONCLUSION
In this work, the actual measurement was conducted in a wide range of variable operating frequency.
Exergy loss distribution among several main components and thermal resistance of the evaporator
both change with the operating frequency. The following conclusions are revealed:
a) At low or very low operating frequency, most of exergy loss occurs in the compressor and the
evaporator. Compared with the condenser, the evaporator should be taken more attention to
enhance the energy efficiency of the inverter air conditioner.
b) When the operating frequency decreases, the refrigerant-side thermal resistance increases
rapidly. At low or very low frequency, the refrigerant-side thermal resistance is even equal to the
air-side thermal resistance. Therefore, internal heat transfer enhancement for the evaporator at
low operating frequency is the potential to improve the performance of the inverter air conditioner.
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NOMENCLATURE
ex exergy, (kJ∙kg-1 )
h specific enthalpy of refrigerant, (kJ∙kg-1 )
Mr mass flow of refrigerant, (kg∙s-1 )
P input power of compressor, (kW)
R thermal resistance, (k∙W-1 or ℃∙W-1 )
s specific entropy of refrigerant, (kJ∙kg-1 ∙K-1 )
T temperature, (K)
t temperature, (℃)
Greek symbols
ηex exergy efficiency
π exergy loss, (kJ∙kg-1 )
Φ heat exchange capacity, (W)
Ω relative value of exergy loss
Subscripts
12 compression process
23 condensation process
34 throttling process

41’
air
i
in
ip
o
op
oth
out
q0
ref
wo
tot
dir
con
wal

evaporation process
air-side
indoor
inlet
input
outdoor
output
connection lines
outlet
cooling capacity
ref-side
outside wall of the tube
entirety
Dirtiness-side
Thermal-contact-side
Wall-side
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ABSTRACT
As the demand significantly increases in diversified applications, the development of high
performance higher speed centrifugal blowers has reached urgency. Therefore, to understand the
flow behaviour inside the blower becomes very important in the design stage. In order to reach a
higher pressure ratio, the two stage centrifugal blower is desired. This paper adopts transient
computational fluid dynamics (CFD) software with the sub-grid geometry resolution (SGGR)
technique to predict the pressure-air flowrate (P-Q) curve of a two stage high speed centrifugal
blower. The axial work as well as the corresponding efficiency based on the CFD results are also
calculated and obtained. As the flow inside a high speed blower would be highly unstable, the design
should avoid the circulation occurring inside the blower. In addition, the matching between the first
and second stage also plays an important role. The CFD simulation could provide clear observation
of the flow behavior which could help to improve the design and increase the blower performance.
Keywords: Centrifugal Blower, Energy Efficiency, Mass Flow Rate, Pressure Ratio

1.

INTRODUCTION

This study uses CFD software to probe into the internal flow behaviour of a high-speed blower. As
the fluid motion behaviour is closely bound up with the efficiency of blower, the flow behaviour of
fluid in the blower can be observed clearly by using CFD simulation software (Benini and E and
Toffolo,2003).
Two-stage pressure is used in this study to increase the blower pressure ratio. However, matching
Stage 1 and Stage 2 in a multistage pressure blower is very important (Clements et al,1987). The
data from Stage 1 are closely related to the Stage 2 boundary conditions. If the internal flow field of
the first stage blower is unstable, the two-stage operation will be unstable accordingly. If the
behaviours of Stage 1 and Stage 2 can be known using the CFD simulation, the blower operating
range can be identified. In addition, this study follows the development planning of previous blower
model generations. The blower operating range and efficiency are increased by geometric changes.
The flow effect on the whole blower can be known using CFD simulation. The whole flow field is
steadiest at the design point and the efficiency is the best. When the flow decreases from the design
point, the flow field remains stable within certain limits. Recirculating flow is generated after the range
is exceeded. The recirculating flow consumes internal energy; the efficiency is reduced, leading to a
surge. Once the surge occurs the blower is severely damaged. Therefore, the blower operating flow
range is obtained by simulation, preventing the surge phenomenon (Rainer Kurz, 2016), which is
helpful to future experiments to some extent.
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2. MAIN SECTION
2.1.

Research Method

In the fluid machinery development process, the efficiency, flow work and shaft work are the
foremost design reference frame. To know whether the blower design is superior or not the
outlet/inlet temperature, outlet/inlet pressure and inlet air volume are monitored in CFD software to
work out the flow work (Siva Reddy et al,2005), shaft work and efficiency.
Pressure ratio (𝑃𝑟 ):
Eq. (1)

𝑃𝑟 = 𝑃𝑜𝑢𝑡 /𝑃𝑖𝑛
Flow power (𝑊𝑓𝑙𝑜𝑤 ):
𝑘
𝑊𝑓𝑙𝑜𝑤 = 𝑘−1 ∗ 𝑃𝑖𝑛 ∗ 𝑄̇𝑖𝑛 ∗

1
60

𝑘−1/𝑘

∗ (𝑃𝑟

− 1)

Eq. (2)

The 𝑊𝑓𝑙𝑜𝑤 herein is flow power, the unit is watt, 𝑃𝑖𝑛 is the inlet pressure, the unit is pascal, 𝑄̇𝑖𝑛 is
the inlet air volume, the unit is CMM, 𝑘: gas constant, the gas constant of air is 1.4
Shaft power 𝑃𝑡 :
1

𝑃𝑡 = 2 ∗ 𝜋 ∗ 𝑁 ∗ 60 ∗ 𝑇𝑜𝑟𝑞𝑢𝑒

Eq. (3)

𝑃𝑡 is the shaft power (w) of fluid machinery, 𝑁 is the speed, the speed is 185000rpm in this study,
the 𝑇orque unit is N-m.
Efficiency (𝜂𝑏 ):
𝜂𝑏 = 𝑊𝑓𝑙𝑜𝑤 /𝑃𝑡
Eq. (4)
However, the design in this study is a two-stage pressure blower. The boundary conditions of the
second stage pressure must depend on the simulated outlet temperature and outlet pressure of the
first stage. Therefore, the first stage pressure data must be relatively precise. The error must be
reduced as much as possible. In the CFD simulation the grid analysis is performed under Stage 1
full load, the data errors are compared for grid selection.
2.2.

General description of model

In this study, the blower uses two-stage pressure technique, the pressure ratio of blower is
increased. However, this blower is designed as back to back design in this study, two rotors can be
strung by one bearing, the duplex bearing mechanical equipment is not required. Therefore, oneforward one-backward design is used, Stage 1 rotates anticlockwise, and Stage 2 rotates
clockwise. The results are shown in figure3-5.

Figure 1a: First stage compressor model

Figure1b: Second stage compressor model
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2.3.

Establishment of boundary conditions

This study reduces the flow in turn according to the percentage of mass flow rate, till the flow field
of blower has surge flow. The CFD simulation is stopped in this interval. The boundary conditions
of the second stage blower are the monitored values of the first stage blower.
Boundary conditions of the first stage blower in this study:
Speed:18500rpm
Turbulence model : k-εmodel
Initial ambient temperature: 293k
Wall: wall function
Initial ambient pressure: one atm
Step number :4000
Inlet pressure: -825Pa
Software: Flowvision
Mass flow rate: 2.16kg/s (100%), 1.944kg/s (90%), 1.728kg/s (80%), 1.512kg/s (70%), 1.296kg/s
(60%), 1.08kg/s (50%), 0.864kg/s (40%) Grid building and analysis.

Figure 2a: First stage compressor model

2.4.
2.4.1.

Figure 2a: Second stage compressor model

Simulation results and analysis
First stage blower

The influence of flow on the whole blower can be known by simulation. When the flow decreases
from the mass flow rate 1.512kg/s (70%), a little small recirculating flow occurs at the upper end of
the vaneless diffuser. however, the impeller rotation is not influenced. The backwash is not
detected in the impeller part, so the impeller flow and shaft work are not influenced. There is little
influence on the blower efficiency. However, when the mass flow rate is 1.296kg/s (60%), a part of
fluid on one side of impeller has surged back to the rotating rotor region. The blower pressure ratio
is increased slightly, but some fluid is found unable to flow out of the blower. This may be close to
the surge flow point. As expected, at mass flow rate 1.08kg/s (50%), the blower pressure ratio
drops immediately and the impeller region backwash phenomenon becomes very apparent.
Therefore, this blower is in the range of 1.296-2.16kg/s (60%-100%) in the first stage blower
simulation. As the flow field remains stable the surge flow occurs out of the range, adverse to the
blower operation.
The CFD simulation data of the first stage blower are monitored in the simulation process,
including outlet/inlet pressure, outlet/inlet air volume, outlet temperature and torque. The boundary
conditions of Stage 2, pressure ratio, mechanical power of fluid, shaft power and efficiency are
obtained from the aforesaid monitoring data. The results are shown in figure3-5.
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Figure 3: mass flow rate 1.512kg/s (70%) flow phenomenon

Figure 4: mass flow rate 1.296kg/s (60%) flow phenomenon

Figure 5: mass flow rate 1.08kg/s (50%) flow phenomenon

2.4.2.

Second stage blower

Following the simulated data of Stage 1, the monitored outlet temperature and outlet pressure of
Stage 1 are set as the boundary conditions of the second stage blower, so as to implement twostage pressure. The ambient temperature is also set as 293k, the atmospheric pressure is set as
the CFD software set value which is one atm. The results are shown in Table 1
Table 1. Second stage blower inlet boundary condition

Simulation result

100%

90%

80%

70%

60%

Inlet Pressure (Pa)

125785.4

128250.4

130674.4

134374.3

135099.5

299.3
300.89
301.37
304.19
305.28
Inlet Temperature(k)
As the second stage compressor operation is limited to the flow at the first stage surge flow point,
the mass flow rates are 2.16kg/s (100%), 1.944kg/s (90%), 1.728kg/s (80%), 1.512kg/s (70%),
1.296kg/s (60%).
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According to the Stage 2 simulation flow phenomenon, when the mass flow is 1.296-2.16kg/s
(60%-100%), the pressure ratio increases as the fluid mass flow rate decreases. Since the mass
flowrate of 1.08 kg/s (50%) was already evaluated in the first stage, it is unnecessary to test the
lower flow rate. However, when the partial mass flow rate of the second stage was 1.296 kg/s
(60%) the turbulent flow phenomenon does not occur. From the first and second stage simulation
results, it’s safe to conclude that the two stage compressor mass flowrate is 1,295 kg/s (60%) and
the most efficient, in which the blower operation is safer. The results are shown in figures 6-8.

Figure 6: mass flow rate 1.728 kg/s (70%) flow phenomenon

Figure 7: mass flow rate 1.512kg/s (70%) flow phenomenon

Figure 8: mass flow rate 1.296kg/s (60%) flow phenomenon
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2.5.

Results Analysis

The pressure ratio, flow work, shaft work and efficiency of each blower stage are calculated
according to the aforesaid equation. However, this blower is a two-stage blower. The pressure ratio
of this blower must be calculated using Eq. (4). The results are shown in Table 2 and figures 4-6.
Overall Pressure ratio (𝑃𝑟,𝑡𝑜𝑡𝑎𝑙 )
𝑃𝑟,𝑡𝑜𝑡𝑎𝑙 = 𝑃𝑟1 ∗ 𝑃𝑟2
Eq. (5)
Table 2. Look-up table for pressure ratios corresponding to various blower stages and
mass flow rates
Pressure ratio
First stage Pressure
Second stage
Overall Pressure
ratio
Pressure ratio
ratio
Mass flow rate
2.16kg/s (100%)
1.257
1.255
1.578
1.944kg/s (90%)
1.728kg/s (80%)
1.512kg/s (70%)
1.296kg/s (60%)
1.08 kg/s (50%)

1.281
1.306
1.342
1.349
1.326

1.284
1.303
1.321
1.336

1.646
1.702
1.772
1.802

In this equation, 𝜂𝑏1 and 𝜂𝑏2 are the efficiency of Stage 1 and Stage 2 respectively, the two
efficiencies are multiplied to obtain the total efficiency of this blower. The overall Pressure ratio is
expressed as Eq. (5). The mass flow rates are compiled in Table 3.
𝜂𝑡𝑜𝑡𝑎𝑙 = (𝑊𝑓𝑙𝑜𝑤,𝑡𝑜𝑡𝑎𝑙 /(𝑃𝑡1 + 𝑃𝑡2 )
Eq. (6)
Table 3. Look-up table for efficiencies corresponding to various blower stages and mass
flow rates
Efficiency
Efficiency of
Efficiency of
Total efficiency
Stage 1
Stage 2
Mass flow rate
2.16kg/s (100%)
85.85%
81.93%
82.02%
1.944kg/s (90%)

82.34%

86.38%

83.64%

1.728kg/s (80%)

84.47%

85.56%

85.93%

1.512kg/s (70%)

85.40%

85.65%

83.42%

1.296kg/s (60%)

81.01%

85.80%

78.38%

1.08 kg/s (50%)

60.40%

According to the total efficiency and overall pressure ratio in the data of Stage 1 and Stage 2, the
best efficiency point of this first stage blower occurs at mass flow rate 1.512-1.728kg/s (70-80%),
that of Stage 2 occurs at 1.944-2.16kg/s (90-100%). The best efficiency point of this second stage
blower is in the mass flow rate interval 1.512-1.728kg/s (70-80%). The total efficiency in the interval
is 72.27-73.15%, and the pressure ratio exceeds the design value 1.7. Therefore, the operation in
this interval is the steadiest and the efficiency is the highest. Figures 9-11 show the overall
characteristic curves of Stage 1 and Stage 2 respectively.
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Figures 9: 1st performance curve

Figures 10: 2nd performance curve

Figures 11: Total performance curve

3. CONCLUSIONS
The blower performance was simulated successfully using CFD software. This study proposed some
improvement guidelines for the research subject. If a runner can be built to connect the outlet of
Stage 1 to the inlet of Stage 2, the boundary conditions between Stage 1 and Stage 2 are set. The
simulated data are closer to real data, and the man-induced record carry is unlikely to influence the
simulation result. In addition, the CFD simulation shows that the outlet temperature of the second
stage blower is relatively high. In some cases with requirements for temperature, the outlet
temperature of this blower may be inapplicable. However, this problem can be solved by placing an
intercooling system between Stage 1 and Stage 2.
In addition, the fluid surge flow points of Stage 1 and Stage 2 were determined using CFD simulation
successfully in this study. The blower operating flow range and matching degree were obtained and
the surge phenomenon prevented. For the blower, the machine body can be protected using system
protectors to prevent human negligence or accidents from influencing the blower operation. The
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operating efficiency point of this blower is known by the blower characteristic curve. The results of
this study can provide a good reference frame for future blower improvement or design.
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ABSTRACT
Traditionally, shallow geothermal energy is utilized by ground source heat pump. Actually, the
temperature of shallow geothermal energy is much suitable for the cooling/heating of the building
envelope and fresh air in most of time. To utilize shallow geothermal energy more efficiently, an
integrated system combined pipe-embedded walls, pipe-embedded windows, and fresh air prehandling system is proposed based on the temperature comparison among the indoor air, envelopes,
fresh air and the undisturbed soil. The simulation model of the integrated system is developed on
the platform of TRNSYS. The free-running temperature of the integrated system applied in an office
building in Shanghai is investigated. The results show that the free-running temperature of the
integrated system is always higher than 15 °C throughout the year, the free-running temperature that
higher than 30 °C accounts for a fewer ratio and the non-air conditioning period extends
approximately 20% compared with the conventional GSHP system.
Keywords: Shallow Geothermal Energy, Free-Running Temperature, Pipe-Embedded Envelope,
Fresh Air Pre-Handling, Building Energy Efficiency.

1. INTRODUCTION
Shallow geothermal energy, as a renewable energy, is popular in the HVAC field. At present, the
ground source heat pump (GSHP) system has been regarded as an energy efficient way of utilizing
shallow geothermal energy. In the conventional application, the ground heat exchanger (GHX) is
always integrated with a heat pump unit to generate high-grade hot water or chilled water for space
heating and cooling (Bakirci, 2010; Soni et al., 2016; Sivasakthivel, et al., 2017). Though the GSHP
system has been widely used to build the energy efficient HVAC system (Aikins and Choi, 2012), the
energy consumption of GSHP system is still at a relatively high level. The good characteristic of
shallow geothermal energy, i.e., warm in winter and cold in summer, has not yet fully been utilized
by the GSHP system.
In fact, the temperature of shallow geothermal energy is much suitable for the cooling and heating
of envelopes and fresh air in most time of a year. Taking the temperature ranges in Beijing as an
example, the temperature relationship of the soil with indoor and outdoor temperature is clearly
described in Figure1. The differences between the soil temperature and outdoor fresh air
temperature as well as the envelope temperature are much larger than that between soil and indoor
temperature. According to Manz (2004), the temperature of the blinds in a traditional double glass
window can be heated to 60 °C by absorbing solar radiation. The larger temperature difference
should benefit a more efficient utilization of shallow geothermal energy. Unfortunately, the larger
temperature differences have not yet been fully exploited. Moreover, the large temperature
differences between the soil and outdoor fresh air as well as the envelope also can be utilized for
heating. As shown in Figure1, the temperature difference between the soil and the fresh air
temperature would be larger than 20 °C in most time of the heating season. That means shallow
geothermal energy can also have great potential of direct utilization in winter. Therefore, the shallow
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geothermal energy should be preferred to eliminate the building load caused by building envelopes
and the fresh air.

Figure 1: Temperature relationship between soil and ambient conditions

Based on analyzing the temperature relationship between indoor air, building envelope, fresh air and
the stable soil, an integrated system that can utilize shallow geothermal energy more efficiently is
proposed in this study. The integrated system combines pipe-embedded walls, pipe-embedded
windows, and the fresh air pre-handling system. To demonstrate the capability of the integrated
system, the simulation model of the integrated system is built on the platform of TRNSYS. The freerunning temperature is calculated, based on which the non-air conditioning extension ratio is
obtained by comparing with the conventional building.

2. PRINCIPLE OF THE INTEGRATED SYSTEM
The schematic of the integrated system is shown in Figure 2. The integrated system includes a subsystem of pipe-embedded walls, a sub-system of pipe-embedded windows, and a sub-system of
fresh air pre-handling. The air-water heat exchanger (AWHX) is fixed in the air handling unit (AHU)
for the pre-handling of fresh air. The water inlets of pipe-embedded walls, pipe-embedded windows,
and the AWHX are connected with the distributor. The water outlets of them are connected with the
collector. Therefore, the outlet water of the GHX can be delivered to these three parts based on the
control strategies.
With the effects of pipe-embedded walls, pipe-embedded windows and the fresh air pre-handling
system, the free-running temperature of the room may be maintained at the comfortable zone without
turning on the conventional air conditioning system. The non-air conditioning period is calculated
according to the simulation of free-running temperature. The non-air conditioning period refers to the
comfortable period that the conventional air conditioning system does not need to operate. When
the free-running temperature cannot meet the thermal comfort, the conventional air conditioning
system will be turned on to remove the rest building load.
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Figure 2: Schematic of the integrated system

3. METHODS
To investigate the performance of the integrated system, the system model is built based on a case
study of an office building in Shanghai, China. These models of the key components and the
evaluation indexes are interpreted briefly in this section.

3.1. Building Outlines
A three-story office building in Shanghai is chosen as the serviced object of the integrated system.
The building is 40 meters long from north to south, 10 meters wide from west to east, and 10.5
meters high. The occupant density is 8 m2∙person-1. Each person has a printer and a computer with
the total power of 140 W. The lighting power is 13 W∙m-2. All the heat gains inside the selected room
spaces are on/off controlled according to the regular occupancy schedule, which is set from 8:00 am
to 18:00 pm.
Pipes are embedded in the concrete layer of external walls and the roof in serpentine pattern.
Windows are fixed in the south and north walls and the window-wall ratio is 0.3. The windows are
designed with double glasses and pipes are embedded in the cavity of the double glasses. A
traditional office building with the same settings, same building envelopes except for the pipes, is
utilized as the baseline. The configurations of the traditional double glass window and the pipeembedded window are set according to Shen and Li (2016) and the main difference is the pipes.

3.2. Model of the Pipe-Embedded Wall
By referencing to Li et al., (2016), the parameters of the pipe-embedded wall are listed in Table 1.
The water pump of the pipe-embedded wall system is on-off controlled. In the cooling condition,
when the indoor temperature is larger than 25 °C and the inlet water temperature of the pipe is
smaller than the inside surface temperature of the wall, the water pump is turned on. Similarly, in the
heating condition, the water pump is activated when the room temperature is smaller than 21 °C and
the inlet water temperature is larger than the inside surface temperature of the wall.
According to the simulation, the internal surface temperature of each wall can be obtained. The
hourly heat flux, Qwall, through the wall to indoor space can be calculated by Eq. (1).
(1)
Qwall =hsur × Awall × (tsur -troom )
Compared with the traditional wall, the hourly building load reductions caused by the pipe-embedded
wall are calculated as:
(2)
DQwall = Qwall ,trad - Qwall , pipe

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4118

The hourly heat capacity of the pipe-embedded wall, Qpwall, can be calculated as:

Qpwall = Cw × mw × (twall ,o - twall ,i )

(3)

Table 1. Parameters of the pipe-embedded walls
Pipe spacing Pipe inner diameter Pipe shell thickness Water flow rate
Items
(mm)
(mm)
(mm)
(m∙s-1)
Values
150
16
2
0.5

3.3. Model of the Pipe-Embedded Window
The structure of the pipe-embedded window that used in this study refers to Shen and Li (2016). The
analytic models of the traditional double glass window and the pipe-embedded window are obtained
based on the heat transfer network which was interpreted in reference (Yan et al., 2018) in detail. In
this study, both the analytic models of the traditional double glass window and the pipe-embedded
window are obtained based on the analytic method. All the short-wave solar heat, conductive,
convective and long-wave radiative heat transfers were considered in the analytic models.
The pipe-embedded windows system can be activated when the solar radiation is larger than 200
W∙m-2 in the cooling condition. In the heating condition, pipe-embedded windows system does not
work, i.e., no water is pumped to the pipe-embedded windows and the heat transfer performance of
the pipe-embedded window is regarded as the same with the traditional double glass window with
conventional blinds. With the specific structure of the pipe-embedded window, the analytic model
that used to describe the heat gains through the window to indoor space can be expressed as follows.
For the traditional double glass window, the hourly heat gains in per square meter window area that
caused by convection can be expressed by Eq. (4).
qco nv _ trad = 1.6 × (tout - troom ) + 0.25 × I
(4)
For the pipe-embedded window, the hourly heat gains in per square meter window area that caused
by convection can be expressed by Eq. (5) and Eq. (6). The hourly heat capacity of the pipeembedded window is calculated by Eq. (7) and Eq. (8).
(5)
qco nv _ pipe = 2.77 × (tout ,e - troom ) + 0.05 × I

Qpwin

tout ,e = 0.15 × tout + 0.85 × tw
= (8 × (tout ,e - tw ) + 0.5 × I ) × Awin = Cw × mw × (twin ,o - twin ,i )

(6)
(7)

tw = (twin ,i + twin ,o ) / 2
(8)
The short wave radiation heat gains of the traditional double glass window are the same with that of
the pipe-embedded window because of the same arrangement of blinds. For the specific windows,
the short wave radiation heat gains in the cooling condition are calculated as:
(9)
qrad = 0.1× I
The heat gains caused by the window are added to the building model in the form of convective and
radiative heat exchange with indoor space. Compared with the traditional double glass windows, the
hourly building load reductions caused by the pipe-embedded window are calculated as equation
(10).
DQwin = (qco nv ,trad - qco nv , pipe ) × Awin
(10)

3.4. Model of the AWHX
The fresh air volume is set as 30 m3∙(hperson)-1 for the air conditioning system. As described in
section 2, the fresh air is pre-handled by the AWHX in the AHU. The design air pre-handling
temperature difference is 8 °C and design water temperature difference is 3 °C.
The hourly heat exchange capacity of the AWHX is expressed as Eq. (11).

DQAWHX = abs(Ca ×

F ×r
× (tao - tai ))
3600

(11)

Compared with the baseline system, the hourly building load reductions caused by the fresh air prehandling system equal to the heat exchange capacity of the AWHX.
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3.5. System Design
The analytical model of the pipe-embedded window is implanted in the building model (i.e. Type 56)
on TRNSYS (Solar Energy Laboratory, 2004). Thus, the new building envelopes can be built with
the model of the pipe-embedded window and the existing model of thermal active layer inside of
Type 56. The complete simulation model of the integrated system can be built on the platform of
TRNSYS according to section 2.
The ground heat exchanger is used as the heating and cooling source and the type 557a, a model
of Duct Ground Heat Storage, in TRNSYS is used to simulate its heat transfer process. The accuracy
of this dynamic model has been validated in a detailed study (Bo and Hellström, 2000). The single
U-tube vertical GHX is utilized and the primary design parameters are listed in Table 2.
Table 2. Design parameters of the GHX
Items
values
Borehole depth (m)
100
Initial soil temperature (°C)
14.56
Soil thermal conductivity (W/(m°C))
1.4
Soil heat capacity (kJ/(m3°C))
2016
Soil density (kg/m3)
1857
Ground thermal conductivity (W/(m°C))
1.4
Radius of U–tube pipe (mm)
16

3.6. Evaluation index
To evaluate the energy performance of the integrated system, the available heat transfer temperature
difference is estimated first, and the non-air conditioning ratio is defined based on the free-running
temperature.
The available heat transfer temperature difference is defined as:

Dt _ i = ti - tsoil

(12)

where i refers to “wall”, “win”, “a”, and “room”.
The non-air conditioning ratio is defined as:

g=

Tnon- AC
´100%
Toccupied

(13)

where Tnon-AC is the non-air conditioning period, which means that the free-running temperature is
between 20-26 °C without the operation of the heat pump system; Toccupied is the period during which
the office room is occupied.

4. RESULTS AND DISCUSSION
The feasibility of the integrated system is investigated from the following two parts: analyzing the
available temperature difference in different heat transfer process; calculating the free-running
temperature and the non-air conditioning ratio.

4.1. Available Heat Transfer Temperature Difference
To have a better understanding of the design purpose of the integrated system, the available
temperature difference in different heat transfer process is analyzed to demonstrate the advantage
of the integrated system. The temperature distribution of the baseline system in the occupied time is
shown in Figure 3. For the baseline building, the soil temperature changes a little throughout the
year. The cavity temperature of the traditional double glass window can be over 60 °C in the cooling
season, which is caused by much solar radiation absorbed by the conventional blinds. In the heating
season, the fresh air temperature is much lower than the soil temperature. That means the shallow
geothermal energy can be used to heat the fresh air efficiently.
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Temperature（℃）

The temperature difference between the soil and the wall mainly distributes in 10-15 °C in the cooling
season and 0-10 °C in the heating season. The temperature difference between the soil and the
window that is larger than 20 °C accounts for approximately 80% in the cooling season. The available
temperature difference between the soil and the fresh air is between 10-20 °C at most of time both
in the cooling season and heating season. The available temperature difference distribution
frequency indicates that shallow geothermal energy would perform well to cool the window, the wall,
and the fresh air directly in the cooling season. Moreover, the integrated system also has some
effects on preheating the fresh air and intercepting the heat transfer through the wall.
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Figure 3: The temperature distribution of the baseline system in the occupied time

4.2. Increase of Non-Air Conditioning Ratio
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To investigate the increase of non-air conditioning ratio, the free-running temperature of both the
integrated system and the baseline system are simulated. The free-running temperature of the
corner room in the top floor is taken as an example. As shown in Figure 4, for the baseline office
room, the period that free-running temperature is lower than 15 °C or larger than 30 °C accounts for
more than 60% of a year. It means that the room temperature is terribly uncomfortable in most time
of the year without the operation of conventional heat pump system. When the outlet water of the
GHX is directly delivered to the pipe-embedded windows, pipe-embedded walls, and the AWHX, the
period that free-running temperature is smaller than 15 °C disappears and that is larger than 30 °C
is reduced apparently. The ratio of the free-running temperature in the comfortable zone (i.e.
temperature is 20-26 °C) is more than 30% in the integrated system but less than 15% in the
traditional baseline system.

5%

0 (baseline)

Borehole numbers

6

0%

Figure 4: Free-running temperature distribution frequency

The free-running temperature distribution of the baseline and the integrated system are illustrated in
Figure 5. In the baseline system, the free-running temperature would be over 40 °C in the cooling
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Free-running temperature (°C)

season. With the effect of the pipe-embedded walls, pipe-embedded windows, and the fresh air prehandling system, the free-running temperature of the integrated system is reduced. The conventional
air conditioning system also should be operated to maintain the thermal comfortable. However, the
peak cooling load can be reduced by the pipe-embedded walls pipe-embedded windows and the
fresh air pre-handling system. Consequently, the system capacity of the conventional air conditioning
system can be reduced significantly. It is obvious that if the integrated system is applied for a
residential building with small indoor heat gains, the period with acceptable thermal comfort will be
much longer.
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Figure 5: The free-running temperature distribution of the baseline and the integrated system

5. CONCLUSIONS
The shallow geothermal energy is not fully utilized by the conventional GSHP system. To improve
the usage efficiency of shallow geothermal energy, an integrated system combined pipe-embedded
walls, pipe-embedded windows, and fresh air pre-handling system is proposed based on the analysis
of the temperature relationship between the envelopes, fresh air, indoor air and the undisturbed soil.
The performance of the integrated system is investigated in terms of the increase of non-air
conditioning ratio. The conclusions based on the case study are as follows:
(1) The available temperature differences between the undisturbed soil and the building envelopes
as well as the fresh air can exceed 20 °C in most of time, which provide a way to utilize the shallow
geothermal energy efficiently.
(2) The free-running temperature of the integrated system is always above 15 °C throughout the year,
and the non-air conditioning ratio increases approximately 20% compared with the conventional
system.
(3) The integrated system can contribute to the capacity decrease of conventional air conditioning
system.
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NOMENCLATURE
C
h
K
a
base
conv
e
i
inte
o

Specific heat capacity,
kJ∙(kg°C)-1
Convection heat transfer
coefficient, W∙(m2°C)-1
Heat transfer coefficient,
W∙(m2°C)-1
Fresh air
Baseline system
Convection heat transfer
Equivalent
Inlet
Integrated system
Outlet

q

Heat gains in per square meter area,
W∙m-2

m

Water flow rate, kg∙s-1

t

Temperature, °C

Subscripts
pwall Pipe-embedded wall
pwin Pipe-embedded window
rad
Radiation
sur
Inner surface
trad
Traditional
w
Water
win
Window
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ABSTRACT
The objective of this work is to investigate the feasibility of using wood pulp fiber paper (WPFP) as
substrate of rotary desiccant wheel for dehumidification. The sample WPFP coated with silica gel
was fabricated using impregnation method. The water vapor adsorption isotherm of the sample was
tested. Additionally, an experimental system was set up to test dehumidification performance of the
rotary desiccant wheel with WPFP as substrate. The results show that the water adsorption capacity
of the sample WPFP coated with silica gel is close to that of pure silica gel under the condition of
20oC, RH < 70%. In winter condition, the maximal dehumidification capacity of the rotary desiccant
wheel with WPFP as substrate can be 0.91 g×kg-1 under revolving speed of 47 r×h-1 and process air
flow rate of 245 m3×h-1. The investigation results indicate that the WPFP can be an alternative for the
substrate of desiccant wheel.
Keywords: WPFP, Substrate, Desiccant Wheel, Dehumidification, Silica Gel, Adsorption Isotherm.

1. INTRODUCTION
With the development of social economy and the improvement of people's living standard, people
pay more attention to comfort and health of their residential environment. To keep the indoor air
healthy, much fresh air is introduced into living and working place. And the introduced fresh air needs
to be cooled and dehumidified in hot and humid climate to meet people's demands. Generally,
conventional air conditioning system is used to achieve space cooling and dehumidification. The
dehumidification principle of conventional air conditioning system is lowering the temperature of
process air to below its dew point and then the moisture in the process air will be condense into
liquid water, which makes the indoor air be cooled and dehumidified. However, this method wastes
large amounts of electricity and even causes urban heat island effect.
To solve those problems, many researchers started to investigate adsorption method for
dehumidification. Zhao et al. (2014) adopted experimental method to investigate the dehumidification
performance of silica gel coated fin-tube heat exchanger. Zheng et al. (2015) coated silica gel-LiCl
composite desiccant on heat exchanger for dehumidification. Besides, Zheng et al. (2015) tested the
adsorption kinetics curves of SAPO-34 and FAPO-34. Chen et al. (2015) developed a composite
material by combining silica gel with both polyacrylic acid and sodium polyacrylate and applied it in
air conditioning systems. Al-Alili et al. (2015) experimentally investigated the performance of a
desiccant wheel cycle utilizing novel Zeolite desiccant material. And there are also researches about
investigating the dehumidification performance of desiccant wheel dehumidification systems
(Mandegari et al., 2017; Tu et al., 2018; Yadav et al., 2018). However, the above researches mainly
focused on the investigation about different adsorbent itself or the dehumidification performance of
desiccant wheel dehumidification systems. In fact, the desiccant and substrate are integrated into a
whole in a desiccant wheel. Therefore, the investigation on the water adsorption performance of the
whole integrated desiccant material with substrate has an important significance.
In this paper, silica gel was selected as desiccant material for a rotary desiccant wheel, and WPFP
was selected as possible substrate. Firstly, raw WPFP and silica sol were prepared, and then the
sample WPFP coated with silica gel was made by impregnation method. Secondly, the water vapor
adsorption isotherms of WPFP coated with silica gel and pure silica gel were tested and analyzed.
Thirdly, a desiccant wheel made of WPFP and coated with silica gel was fabricated, and its
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dehumidification performance was tested and analyzed. It is hoped that this study will provide
guidance for substrate selection of rotary desiccant wheel.

2. EXPERIMENTAL DESCRIPTION
2.1.

Preparation of WPFP Coated with Silica Gel

Materials used in this experiment mainly included silica sol and raw WPFP. The adopted silica sol
was purchased from Qingdao Maike silica gel desiccant Co., Ltd (in China), and its parameters were
listed in Table 1. The raw WPFP was manufactured by Shanghai Mingguan Purification Materials
Co., Ltd (in China), and its thickness is 0.595mm.
Type

Grain
diameter (nm)

Table 1. Parameters of silica sol used in this work

Na2O
(%)

SiO2
(%)

Density
(g×cm-3)

pH

£0.3

30-31

1.19-1.20

8.9-9.0

Viscosity
(mPa×s)

Technology

Ion exchange
method
Next, impregnation method was adopted to coat silica gel on raw WPFP. In this paper, the specific
process of this method was conducted as follow: (1) a piece of raw WPFP mentioned in the above
text with the size of 100mm*100mm was prepared and weighed in an electronic balance; (2) the raw
WPFP was put into a glass dish which was filled with enough silica sol, and the raw WPFP was
submerged absolutely. Meanwhile, the glass dish should be covered with preservative film to prevent
the silica sol from absorbing water vapor from ambient air; (3) after 6 hours, the raw WPFP was
taken out from the glass dish carefully and dried in an oven at the temperature of 100oC until its
weight remained unvaried, and its final weight was recorded; (4) the sample WPFP coated with silica
gel was obtained, and the weight of the sample was recorded. The above steps of coating silica gel
on raw WPFP is illustrated in Fig. 1. To coat more silica gel on raw WPFP, the step (2) to (4) can be
repeated for more times. Coating ratio is defined as the mass of silica gel coated on the sample per
unit volume of raw WPFP, which is used to evaluate coating capacity of different substrates. The
coating ratio of the sample is given by the following Eq. (1):
JN-30

14

8.0-9.0

l =（m - m0）/ V

Eq. (1)

where l is the coating ratio based on the volume of the raw WPFP in g×cm-3, m0 is the original weight
of the raw WPFP in g, m is the total weight of the sample coated with silica gel in g, and V is the
volume of the raw WPFP in cm3.

Figure 1: The silica gel coating process for WPFP: (1) raw WPFP; (2) coating; (3) drying; (4) WPFP
coated with silica gel

2.2.

Adsorption Test

In general, the instrument ASAP2020 is used to test microcosmic pore structure parameters (like
specific surface area, pore volume, pore size distribution and so on) with nitrogen as adsorbate. In
this paper, the ASAP2020 system was improved by attaching a water vapor generator, a jacketed
beaker and a thermostatic water bath (Zheng et al., 2015). The thermostatic water bath and jacketed
beaker work together to control the temperature of water vapor delicately. Besides, the two attached
apparatuses can also eliminate the effect of temperature change caused by adsorption heat.
Therefore, the isothermal adsorption process can be realized. By using the improved ASAP2020
system, water vapor adsorption isotherms of WPFP coated with silica gel was tested at 20oC.
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2.3.

Description of Rotary Desiccant Wheel Dehumidification System

An experimental system was set up to test the dehumidification performance of the rotary desiccant
wheel, which is showed in Fig. 2. The system mainly consists of three parts, namely rotary desiccant
wheel, process air passage and regeneration air passage. The rotary desiccant wheel is the core of
the system, which is used to realize air dehumidification. The substrate of this rotary desiccant wheel
is WPFP, and silica gel is used as adsorbent. The thickness and diameter of the rotary desiccant
wheel are 100mm and 250mm, respectively. In addition, an electric motor is adopted in the system
to drive the rotary desiccant wheel, and the revolving speed of the electric motor is controlled by a
frequency converter. The cross section of the rotary desiccant wheel is divided into two parts by
adiabatic clapboard, namely dehumidification area and regeneration area, and the area ratio of
dehumidification area and regeneration area is 3:1. In the process air passage, an induced draft fan
(namely process fan) is installed at the exit to drive the process air flow. In regeneration air passage,
besides an induced draft fan (namely regeneration fan) installed at the exit, a heater with the
maximum power of 10.8 kW is installed at the entrance of the regeneration air passage.

Figure 2: Experimental setup

2.4.

Measurement

To evaluate the dehumidification performance of the rotary desiccant wheel using WPFP as
substrate, the inlet and outlet temperature and relative humidity of process air should be measured
and recorded. In this experiment, two types of sensors were applied as shown in Table 2. It is noted
that one type of sensor (PT100) is used to measure temperature and the other type of sensor
(temperature and humidity sensor) is used to measure relative humidity of process air.
The dehumidification performance of the rotary desiccant wheel was evaluated by dehumidification
capacity, which is calculated by the following Eq. (2):

Dd = d in - d out

Eq. (2)

where Dd is the dehumidification capacity in g×kg-1, din and dout are humidity ratio in the inlet and
outlet of process air passage in g×kg-1, respectively.
Table 2. List of the instruments

Instruments

Type

Range

Accuracy
o

PT100

WZPK-191

-200-450 C

±0.5oC

Temperature and humidity sensor

HF33-D (ROTRONIC)

-40-60oC;
0-100%RH

±0.5oC;
±2%RH
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3. RESULTS AND DISCUSSION
3.1.

Silica Gel Coating Analysis

In rotary desiccant wheel, it is the desiccant material that adsorbs moisture from process air, and the
substrate mainly provides support for desiccant material. Therefore, the coating ratio of WPFP has
an important effect on dehumidification capacity. The relation of coating ratio about silica gel and
coating times for WFPF is shown in Fig. 3. It can be observed that the coating ratio increases all the
time with the increasing of coating time, and the coating ratio can be 1.4 g×cm-3 when the coating
time reaches to six. However, the increment of coating ratio decreases gradually with the increasing
of coating time. Compared with the fifth coating, the coating ratio of WPFP in the sixth coating
increases only by 4.8%. Because silica sol can enter the big pores of WPFP in the first or second
coating, the fiber bundles are wrapped with silica gel and most of the big pores are filled with silica
gel, which makes the coating ratio increase sharply. With the coating time increasing, silica gel heaps
on preceding silica gel layer, which not only leads to coating ratio decreasing but also results in
unstable coating. After the sixth coating, it was found from the actual experiment that some silica gel
powder can easily fall off from the samples. Therefore, six times is recommended as the maximum
number for coating.

-3

Coating ratio (g×cm )

1.5

1.0

0.5

0.0

0

1

2

3
4
Coating times

5

6

Figure 3: The coating ratio of WPFP

3.2.

Adsorption Isotherm

To investigate the feasibility of using WPFP as substrate of desiccant wheel, water vapor adsorption
isotherm of WPFP coated with silica gel after the first coating was tested in the improved ASAP2020
system at the temperature of 20oC, and the water vapor adsorption isotherm of pure silica gel was
tested as comparison. The adsorption isotherms were plotted in Fig. 4.
It can be witnessed from Fig. 4 that the water adsorption capacities of the two samples increase
slowly with the increasing of relative humidity in low relative humidity area (RH < 40%), and the two
curves rise rapidly in medium relative humidity area (40% < RH < 75%). In high relative humidity
area (75% < RH < 97%), the water vapor adsorption isotherm of pure silica gel becomes relatively
flatter, but the water adsorption isotherm of WPFP coated with silica gel still increases obviously.
Under the relative humidity of 97%, the saturated adsorption capacity of pure silica gel is 0.235 g×g1
, and that of WPFP coated with silica gel is 0.240 g×g-1. When the relative humidity is close to 100%,
the adsorption isotherm of WPFP coated with silica gel increases precipitously and is difficult to
reach saturated state. The reason is that some of the water vapor begins to condense into liquid
when the relative humidity is close to 100%. At the same time, a certain number of big pores exist in
WPFP coated with silica gel, which can be filled with liquid water. However, silica gel belongs to
mesoporous material and there are rare big pores in it. Hence, the adsorbed water vapor molecules
can only be condensed in the mesoporous, which can’t make the adsorption isotherm rise
dramatically.
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Figure 4: Water vapor adsorption isotherms of pure silica gel and WPFP coated with silica gel after
the first coating

3.3.

Dehumidification Performance of the Rotary Desiccant Wheel

To test the dehumidification performance of the rotary desiccant wheel using WPFP as substrate,
the rotary desiccant wheel dehumidification system described in Chapter 2.3 was operated in a
laboratory. In addition, the test was conducted in winter condition, and the inlet air condition of
process air was 12oC and 35%RH. The volume flow rate of regeneration air was set as 73 m3×h-1.
3.3.1. Effect of Regeneration Temperature
Fig. 5 shows the effect of regeneration temperature on the dehumidification capacity under different
revolving speed of the rotary desiccant wheel. The flow rate of process air was set as 304 m3×h-1. It
can be witnessed that the dehumidification capacity increases greatly with the increasing of
regeneration temperature under the revolving speed of 47 r×h-1 and 180 r×h-1. But the increasing trend
is not obvious under very low revolving speed (10 r×h-1). The reason is that the regenerated part of
the rotary desiccant wheel stays in dehumidification area for a long time when the revolving speed
of the rotary desiccant wheel is too low. The part of the rotary desiccant wheel which reaches
adsorption equilibrium can’t enter regeneration area timely. Therefore, increasing regeneration
temperature has little effect on the improvement of the dehumidification capacity when the revolving
speed of the rotary desiccant wheel is too low. Additionally, it can be also found that the
dehumidification capacity will decrease under the same regeneration temperature if the revolving
speed of the rotary desiccant wheel is too high, which means that there is an optimal revolving speed
for the rotary desiccant wheel. In this experiment, the obtained maximal dehumidification capacity is
0.82 g×kg-1 air. This is because of too low inlet humidity ratio (3.03 g×kg-1 air) and high flow rate (304
m3×h-1) of process air.
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Figure 5: Effect of regeneration temperature on dehumidification capacity
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3.3.2. Effect of Flow Rate of Process Air
Fig. 6 shows the effect of flow rate of process air on the dehumidification capacity under different
revolving speed of the rotary desiccant wheel. The regeneration temperature was set as 66oC. It can
be seen that the dehumidification capacity decreases greatly with the increasing of flow rate of
process air under different revolving speed of the rotary desiccant wheel. Besides, the variation trend
is approximately linear. When the flow rate of process air increases, the flow velocity in the air
channel of desiccant wheel will increase accordingly. So, the time of contact between process air
and desiccant material decreases, which leads to the decline of dehumidification capacity. Under
meeting the requirement of ventilation rate, the flow rate of process air needs be decreased to obtain
large dehumidification capacity. Under the revolving speed of 47 r×h-1 and process air flow rate of
245 m3×h-1, the maximal dehumidification capacity can be 0.91 g×kg-1 air. The dehumidification
capacity is relatively low, because inlet humidity ratio (3.03 g×kg-1 air) of process air is very low. The
experimental results indicate that WPFP can be an alternative for the substrate of desiccant wheel.
In addition, it is also observed from Fig. 6 that the dehumidification capacity increases with the
increasing of the revolving speed when the revolving speed varies from 10 r×h-1 to 47 r×h-1, but the
dehumidification capacity decreases when the revolving speed reaches to 180 r×h-1.
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Figure 6: Effect of flow rate of process air on dehumidification capacity

4. CONCLUSIONS
In this paper, silica gel was selected as desiccant material for a rotary desiccant wheel, and WPFP
was selected as potential substrate. Firstly, the sample WPFP coated with silica gel was fabricated
using impregnation method. Secondly, the adsorption isotherms of WPFP coated with silica gel was
tested and analyzed. In the end, a rotary desiccant wheel dehumidification system was set up and
the dehumidification performance of the rotary desiccant wheel made of WPFP and silica gel was
tested and analyzed. Some conclusions were summarized as follow:
(1) For WPFP, the coating ratio increases gradually with the increasing of coating time, but the
increment of coating ratio decreases gradually with the increasing of coating time. Six times is
recommended as the maximum number for coating.
(2) The water vapor adsorption isotherm of the sample WPFP coated with silica gel increases
obviously with the increasing of relative humidity. Under the relative humidity of 97%, the saturated
adsorption capacity of the sample WPFP coated with silica gel is 0.240 g×g-1.
(3) The dehumidification capacity of the rotary desiccant wheel with WPFP as substrate increases
greatly with the increasing of regeneration temperature, but the increasing trend is not obvious under
too low revolving speed (10 r×h-1).
(4) The dehumidification capacity of the rotary desiccant wheel with WPFP as substrate decreases
greatly with the increasing of flow rate of process air.
(5) The experimental results obtained in winter condition indicate that WPFP can be an alternative
for the substrate of desiccant wheel.
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NOMENCLATURE
Dd
din

dout
m
m0
RH

dehumidification capacity (g×kg-1)
humidity ratio in the inlet of process
air passage (g×kg-1)
humidity ratio in the outlet of process
air passage (g×kg-1)
the total weight of the sample coated
with silica gel (g)
the original weight of the raw WPFP
(g)

V
WPFP

volume (cm3)
wood pulp fiber paper

Greek symbols

l

relative humidity

the coating ratio based on the
volume of the raw WPFP
(g×cm-3)
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ABSTRACT
In this study,the performance of the VRF systems applying a bypass cycle and injection cycle using
a sub-cooler is compared by numerical method. In the simulation for a multi-split variable refrigerant
flow(VRF) system, it is important to predict the input power and mass flow rate of a scroll compressor
with considering the refrigerant injection process in a compression chamber, and pressure drop and
heat transfer in pipe lines between an outdoor unit and indoor units. Therefore, the simulation for a
multi-split VRF system was developed with considering those, and validated with experimental data.
The bypass and refrigerant injection have improvement potential to increase the cooling capacity
due to increasing enthalpy difference in an evaporator. The refrigerant injection cycle has more
improvement potential of performance than bypass cycle. Sub-cooling degree at inlet of EEV is
above 10°C degree in two cycles, which can avoid flash gas generation.
Keywords: Multi-Split VRF System, Flash Gas, Bypass Cycle, Injection, Subcooling.

1. INTRODUCTION
A multi-split VRF consists of indoor and outdoor devices and is connected by pipe between them.
The length of the pipe is usually 150m (Afify, 2008), and the pressure drop in pipe is caused by the
loss of fluid flow and heat transfer to the ambient air. A pipe that passes by liquid refrigerant is called
a liquid pipe, and the liquid refrigerant may change to flash gas under any conditions due to pressure
drop. The flash gas generation in the liquid pipeline leads to noise in EEVs, decrease of the mass
flow rate through the EEV, and yields lower system efficiency and reliability (Kang and Yoo, 2012).
In multi-split VRF system, the sub-cooler heat exchanger (or intermediate heat exchanger, IHX) is a
device that prevents the generation of flash gas, reduces the discharge temperature of the
compressor, and increases the cooling capacity. There are two methods of multi-split VRF using
sub-cooler. As shown in Figure 1, one is bypass cycle and the other is injection cycle. In bypass
cycle, the IHX refrigerant cools the main stream refrigerant by heat exchange with the main stream
refrigerant, which is at a higher temperature, and the heated IHX refrigerant is mixed with the
refrigerant flowing from the evaporator. Unlike bypass cycle, the IHX refrigerant in the injection cycle
enters the compression chamber of the compressor directly.
The objective of this study is to develop a numerical simulation to compare and analyze the
improvement potential of the multi-split VRF system using bypass and injection methods under
cooling mode.

2. MATHEMATICAL MODELS
To develop numerical analysis simulations, each component of the multi-split VRF system is
modelled. Modeling targets include scroll compressor, heat exchangers (condenser, evaporator,
sub-cooler), pipeline, electronic expansion valve(EEV) and multi-split VRF system.
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2.1.

Scroll compressor

To simulate the performance of a compressor, three models were considered, namely, the semiempirical model (Sun et al., 2017; Zhu et al. 2013; Shao et al. 2012), map-based model(10-efficient
Air Conditioning, Heating, and Refrigeration Institute (AHRI) compressor map), and the geometrybased model(Kwon et al., 2017). The semi-empirical and map-based models have been used in
most previous studies because these models are better to reducing the numerical simulation time.
However, these models are not suitable for the simulation of refrigerant injection compressor. This
is because the refrigerant injection into a compressor occurs continuously, as shown in Fig. 1. In this
study, the geometry-based model was applied to the simulation of the multi-split VRF system with a
sub-cooler in order to take into account the refrigerant injection process and degree of suction
superheating.

Figure 1: P-h diagram of injection cycle with a scroll compressor

The governing equations for the numerical model of a scroll compressor include changes in mass,
enthalpy, pressure, and temperature in a compressor chamber, as respectively indicated by Eq. (1)
- (2) (JSRAE, 2018):
𝑑𝑚
𝑑𝜃

=

𝑑𝑚𝑖𝑛
𝑑𝜃

−

𝑑𝑚𝑜𝑢𝑡
𝑑𝜃

+

𝑑𝑚𝑖𝑛𝑗

Eq. (1)

𝑑𝜃

𝑑ℎ

𝑑𝑃

𝑀 𝑑𝑡 = 𝑚̇𝑖𝑛 (ℎ𝑖𝑛 − ℎ) − 𝑚̇𝑜𝑢𝑡 (ℎ𝑜𝑢𝑡 − ℎ) + 𝑚̇𝑖𝑛𝑗 (ℎ𝑖𝑛𝑗 − ℎ) + 𝑄 + 𝑉 𝑑𝑡

Eq. (2)

where Q is heat transfer rate between the wrap wall and the refrigerant in a compressor chamber.
Mass flow rates in a scroll compressor, such as suction, injection, and discharge flows, are predicted
by Eqs. (3) - (5).
2𝑘

𝑚̇ = 𝐶𝑑 𝐴√((𝑘−1) 𝑃𝑢 𝜌𝑢 ) {(𝑃𝑟 )2/𝑘 − (𝑃𝑟 )

2

𝑃𝑐𝑟 = (𝑘+1)

𝑘+1
𝑘

}

𝑘
𝑘−1

Eq. (3)

Eq. (4)

when Pr < Pcr, then
𝑚̇ =

2𝑘
𝐶𝑃𝑢 𝐴√(𝑘−1) 𝑃𝑢 𝜌𝑢

𝑘+1

2 𝑘−1
{(𝑘+1) }

𝜌𝑡𝑝 = 𝜌𝑙 + 𝑥(𝜌𝑔 − 𝜌𝑙 )

Eq. (5)
Eq. (6)

Eq. (6) is a homogeneous model for two-phase flow.
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The indicated work of a compressor can be predicted by the variation in pressure and volume of
the compressure chambers from the suction to the discharge processes, as indicated by Eq. (7).
Eq. (7)

𝑊𝑖𝑛𝑑 = ∮ 𝑃 𝑑𝑉

Finally, the compressor input power is calculated using Eq. (8), including the motor and mechanical
efficiencies. The motor, mechanical, and volumetric efficiencies are obtained from compressor
calorimeter tests.
Eq. (8)

𝑊𝑐𝑜𝑚𝑝 = 𝑊𝑖𝑛𝑑 /𝜂𝑚𝑜𝑡𝑜𝑟 𝜂𝑚𝑒𝑐ℎ
2.2.

Heat Exchagner

2.2.1. Condenser and Evaporator
The fin of the heat exchanger were adopted as louver fin. The tube-by-tube method was applied to
the heat exchanger simulation to calculate the heat transfer and pressure drop. The heat transfer
was calculated using the effectiveness-NTU method. The heat transfer rate and pressure drop were
obtained through the correlation equations (Table 1).
2.2.2. Sub-cooler
The sub-cooler used in this simulation of the multi-split VRF system is a tube-in-tube heat exchanger
type, which consists of one outer tube and seven inner tubes. The heat transfer and pressure drop
was calculated in the same ways as the condenser and evaporator.
2.3.

Pipelines

The liquid pipeline and gas pipeline are connected between the outdoor and indoor units. To
accurately perdict system performace, heat transfer and pressure drop of pipelines were calculated.
The correlation equations used for the model of the pipelines are summarized in Table 1.
Table 1. Correlations of heat transfer and pressure drop coefficients for the refrigerant and air sides
Refrigerant side
Heat transfer
coefficient
Pressure drop
coefficient

2.4.

- Single phase : Gnielinski (1976)
- Two phase :
Condensation : Shah (1979)
Evaporation : Kandlikar (1990)
- Single phase : Churchill (1977)
- Two phase :
Condensation : Lockhart-Martinelli (1949)
Evaporation : Gronnerud (1979)

Air side

Wang (1999)

Electronic expansion valve (EEV)

The mass flow rate flowing through an EEV can be predicted by the orifice equation,
𝑚̇ 𝐸𝐸𝑉 = 𝐶𝑣 𝐴√𝜌𝐸𝐸𝑉,𝑖𝑛 ∆𝑃𝐸𝐸𝑉

Eq. (9)

where A is the flow area, ∆𝑃𝐸𝐸𝑉 is the pressure difference between the inlet and outlet of the EEV,
𝜌𝐸𝐸𝑉,𝑖 is the refrigerant density at the inlet, and 𝐶𝑣 is the flow coefficient which is obtained from the
literature (Zhu et al., 2013).
2.5.

Multi-split VRF system equipped with a sub-cooler

The laws of mass, energy and momentum conservation of the VRF system should be satisfied, as
indicated by Eqs. (10) - (12).
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𝑚̇𝑐𝑜𝑚𝑝 − ∑ 𝑚̇𝐸𝐸𝑉 − 𝑚̇𝑖𝑛𝑗 = 0

Eq. (10)

𝑊𝑖𝑛,𝑐𝑜𝑚𝑝 + ∑𝑛𝑖=1 𝑄𝑒𝑣𝑎,𝑛 − 𝑄𝑐𝑜𝑛𝑑 = 0

Eq. (11)

𝑃𝑠𝑢𝑐 + ∆𝑃𝐸𝐸𝑉 = 𝑃𝑑𝑖𝑠

Eq. (12)

Fig. 2 shows the flow chart of the simulation logic for the multi-split sVRF system which can satisfy
the governing equations of the VRF system.

Figure 2: Flow chart of the simulation logic

3. RESULTS AND DISCUSSION
3.1.

Validation of the simulation

3.1.1. Compressor simulation validation
Figs 3a and 3b show the validation results for the scroll compressor without the refrigerant injection.
As shown in Fig. 3, the simulation results for the input power and the mass flow rate of the scroll
compressor without the refrigerant injection show a similar tendency with the results of the
calorimeter test, and are within 15% and 5%, respectively.
(a)

(b)

Figure 3: Validation results for the scroll compressor without the refrigerant injection
(a) Input power (b) Mass flow rate
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3.1.2. Compressor simulation validation
Fig 4a shows the validation results for the simulation of the multi-split VRF system without injection
in the cooling mode with variation in the part load. As shown in Fig 4a, the simulation results for the
cooling capacity and input power of the multi-split VRF system in cooling mode are consistent with
experimental data within 15%. The validation results for the simulation of the system with an injection
cycle in heating mode are indicated in Fig 4b and show a similar tendency with expermental data
(maximum error of 10.3%).
(b)

(a)

Figure 4 : Validation results for the simulation for the multi-split VRF system
(a) Cooling mode (b) Heating mode

3.2.

Performance Comparison for a Multi-split VRF System using Bypass and Injection
Cycles as Sub-Cooling Methods

The performance of a multi-split VRF system was compared according to the variations of the bypass
and injection ratios when the sub-cooling methods were employed in the same configuration. This
simulation was calculated by fixing the sub-cooling degree at the outlet of the condenser and
superheating degree at the outlet of the evaporators as input data.
3.2.1. Sub-cooling degree at the inlet of EEV and superheating degree
For the bypass and injection cycles, the sub-cooling degree at the inlet of the EEV and the
superheating degree of IHX stream refrigerant(at exit to bleeding line) are considerably influenced
by the bypass and injection ratios, as shown in Figs 5a and 5b.
(a)

(b)

Figure 5 : (a) Sub-cooling degree at the inlet of EEVs
(b) Superheating degree at exit of bleeding line and suction

The sub-cooling degree at the inlet of the EEV increases as the bypass and injection ratios increases.
This is because the two-phase heat transfer area in the sub-cooler increases as the degree of
superheating at the exit of the bleeding line decreases. The increase of the two-phase heat transfer
area in the sub-cooler means that the overall heat transfer coefficient is enhanced. However, after
the superheating degree at the exit of the bleeding line reaches 0 ℃, the subcooling degree at the
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inlet of the EEV is maintained at a constant value because the overall heat transfer coefficient is
unchanged.
The sub-cooling degree of the bypass cycle is higher than that of the injection cycle because the
bled refrigerant in the bypass line is reached near the evaporating pressure. In injection cyle, the
injection line pressure is higher than the suction pressure to inject the refrigerant into the
compression chamber. The high bled refrigerant pressure means that the temperature of the bled
refrigerant is high, thus the subcooling effect of main stream refrigerant reduces.
3.2.2.

Mass flow rate and Discharge temperature
(a)

(b)

Figure 6 : Mass flow rate (a) total (b) in the evaporator

Figure 7 : Discharge temperature

Fig 6 shows the total mass flow rate and the mass flow rate in the evaporators. In the case of the
bypass cycle, the total mass flow rate is not changed significantly at the beginning of the bypass, but
is increased slightly because of the decrease of the degree of the suction superheating. The mass
flow rate in the evaporators decreases of the increase of the bypassed mass flow rate. In the case
of the injection, the total mass flow rate increases because the injected refrigerant is added to the
suction mass flow rate. The evaporating pressure is not affected by the injection ratio.
Fig 7 shows the discharge temperature for the two cycle and the two ambient temperature conditions
as a function of the bypass and injection ratios. The temperature starts to decrease as the bypass
and injection ratios increase further. The reason for the decrease of the discharge temperatures is
different for each cycle. In the bypass cycle, the discharge temperature was influenced by the suction
temperature. However, in the injection cycle, it is influenced by the temperature of the injection
refrigerant owing to the intercooling effect.
3.2.3. Mass flow rate and Discharge temperature
Fig 8a shows the cooling capacities for both cycles at two ambient temperature conditions. In the
bypass cycle, the cooling capacity increases with the increase of the bypass ratio at the onset of the
bypass. However, it decreases from the specific bypass ratio. This is because the mass flow rate in
the evaporators decreases continuously. In the injection cycle, the cooling capacity increases since
the mass flow rate in the evaporators are almost constant despite the increase of the injection ratio,
while the sub-cooling degree increases as the injection ratio increases.
The input power is also influenced by the bypass and injection ratios in Fig 8b. In the case of the
(a)

(b)

(c)

Figure 8: The operating characteristics of the system with variation of bypass and injection ratio
(a) Cooling capacity (b) Input power (c) EER
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bypass cycle, the input power increases slightly with increases of the bypass ratio because of the
increase of the suction temperature and the total mass flow rate. but it decreases as the bypass ratio
increases further owing to the decrease of the suction temperature. but, the input power in the
injection cycle increases continuously because of the increase of the total mass flow rate.
Fig 8c shows energy efficiency ratio (EER). The EER for the bypass cycle increases gradually with
the bypass ratio, but the EER decreases from the specific bypass ratio because the cooling capacity
in the two cases of different temperatures decreases. In the injection cycle, The EER of the injection
cycle decreases at the beginning of the refrigerant injection because the degree of superheating for
the injected refrigerant is high. However, The EER of the injection cycle slightly increases when the
degree of superheating at the injection line is reached to 0 ℃ because of the decrease of specific
volume of the injection refrigerant.
3.3.

Performance Comparison for the Bypass and Injection Cycles with the same Cooling
Capacities

As shown in Fig 8a, the cooling capacity of the injection cycle is relatively higher than that of the
bypass cycle. To compare the performance of the system using the injection to that using bypass
under same cooling capacity. The compressor frequency was adjusted for two outdoor temperatures.
Fig 9a shows that input power of injection cycle is less than of bypass cycle by 4.45 % and 2.32 %
respectively in two different outdoor temperature. Therefore, the COP of injection cycle is better than
that of the bypass cycle by 5.08 % and 2.38 % respectively as shown in Fig 9b.

Figure 9: The operating characteristics of the system with variation of the bypass and injection ratio
(a) Input power (b) COP

4. CONCLUSIONS
Subcooling methods of a sub-cooler can be divided into by bypass method and injection method.
The operating characteristics of the VRF system using bypass and injection was compared. The
sub-cooling degree is influenced by the bypass and injection. The discharge temperature of the
compressor decreases when the bypass and injection ratios increase. Both the bypass and injection
cycles yield improvements in the potential of the cooling capacities. In the bypass cycle, the cooling
capacity decreases beyond the optimum bypass ratio owing to decreases of the mass flow rate in
the evaporators. In the injection cycle, the cooling capacity is enhanced as the injection ratio
increases because of the constant mass flow rate in the evaporators and the increase of the subcooling degree at inlet of the EEV. The application of the injection cycle reduces the input power. In
addition, the injection cycle is more effective in reducing the discharge temperature at high-ambient
temperature conditions.
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NOMENCLATURE
h
Enthalpy (kJ/kg −1)
Pcr
Critical pressure (kPa)
Pr
Pressure ratio ( - )
R
Gas constant (kJkg −1 K −1 )
υ
Specific vloume (m3 kg−1 )
Greek symbols
η
Efficiency (%)
ρ
Density (kgm−3 )
Subscript
avr
average
byp
cond condenser
dis
eva
evaporator
g
sc
sub-cooling
ind
l
liquid phase
sh
mech mechanical
u
p
pressure
suc

k
ṁ
Q
R inj
W

Ratio of specific heat ( - )
Mass flow rate (kgs−1
Capacity (kW) and heat transfer rate
Injection ratio ( - )
Work (kW)

θ

Angle (°)

bypass
discharge
gas phase
indicated
super-heating
upstream
suction

comp
eev
ihx
inj
m
vi

compressor
electronic expansion valve
internal heat exchanger
injection
mass
vapor-injection
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ABSTRACT
In order to maintain a good indoor environment, fresh air is essential for audience in theatre buildings
due to the high occupant density. Apart from mechanical fresh air, uncontrolled air leakage across
building exterior (i.e., air infiltration) is also a source of outdoor fresh air. Therefore, assessing air
infiltration rate is very necessary for determining total fresh air rate and avoiding excessive ventilation.
However, the commonly used method to assess infiltration rate is very complex to implement. In this
paper, we propose a convenient method to assess infiltration rate based on the mass balance of
particulate matters. Given the ubiquity of particulate matters in the outdoor environment and being
cost-free, this method is able to avoid the disadvantages of traditional methods. PM2.5 is chosen to
establish the mass balance. Infiltration and total fresh air rates of a concert hall were measured and
analyzed using the proposed method.
Keywords: Fresh Air Rate, Infiltration, Particle Mass Balance, Ventilation.

1. INTRODUCTION
To maintain a satisfying indoor air quality, sufficient fresh outdoor air for building occupants is vital,
especially for audience in theatre buildings due to the high occupant density (Wargocki et al., 2000;
ASHRAE, 2016). China’s standard of fresh air rate for theatre buildings is 15 – 25 m3∙h-1 per person
(MOHURD, 2016). To reach the standard, mechanical ventilation systems are generally used in
theatre buildings. Actually, apart from mechanical ventilation, air infiltration, which means the
uncontrolled air leakage across a building envelop, is also a source of outdoor fresh air. Unlike
mechanical fresh air rate that can be measured in air ducts, infiltration rate cannot be measured
directly. Besides, infiltration brings outdoor particulate matters indoors and directly influences indoor
air quality, especially when the outdoor air is highly polluted. Therefore, assessing infiltration rate is
very necessary for determining total fresh air rate, avoiding excessive ventilation and improving
indoor air quality.
The most commonly used method to measure infiltration rate is the tracer gas method (ASTM 2010).
The tracer gas method uses tracer gas dilution for calculating a single zone’s air change rate with
the outdoors. There are three kinds of techniques used in the tracer gas method: concentration
decay, constant injection, and constant concentration. Among them concentration decay is the most
widely used one, which has been used in office buildings (Reardon et al., 2002), residential buildings
(Almeida et al., 2017), classrooms (Almeida et al., 2017) and retail stores (Chan et al., 2015). The
test procedure of tracer gas method consists of the release, mixture, and monitor of suitable tracer
gas. The method is very complex to implement and takes several hours to get one result (ASTM,
2010). Besides, the cost of tracer gas is relatively high, especially if the space volume is large. Hence,
a simpler method is urgently needed for assessing infiltration rate.
During the past decade, haze pollution in China is very serious (Huang et al., 2014). The main
component of haze is fine particulate matters, which are particles with a maximum diameter of 2.5
µm (abbreviated as PM2.5) and can be inhaled into the lungs (Gao et al., 2015). As mentioned before,
particles will infiltrate indoors. In order to keep a low indoor PM2.5 concentration, air filters for
particulates are extensively used in the mechanical ventilation systems in China (Jiang et al., 2017).
Besides, due to people’s sustained attention to PM2.5, the measuring instruments and on-line
monitoring of PM2.5 are prevalent and of mature technology.
In this paper, we propose a convenient method to assess infiltration rate based on the mass balance
of particulate matters. Given the ubiquity of particulate matters in the outdoor environment and being
cost-free, this method is able to avoid the disadvantages of the tracer gas method. PM2.5 is chosen
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to establish the mass balance. Considering that PM2.5 deposits indoors, sensitivity analysis is
conducted for PM2.5 deposition rate. Infiltration rates of a concert hall were measured using our
proposed method when the mechanical fresh air was supplied or not. Then the total fresh air rates
were analyzed for different ventilation conditions.

2. METHOD
2.1.

PM2.5 Mass Balance

Taking the internal room space as a control body, the PM2.5 mass balance is shown in Fig. 1.

Figure 1: Indoor PM2.5 mass balance

There are two ways for PM2.5 to enter indoors: PM2.5 transported through mechanical fresh air gets
indoors after filtration; and PM2.5 transported through air infiltration gets indoors directly. After
getting indoors, part of the particles deposits on indoor surfaces, part of them is filtered by the return
air unit, and the remaining PM2.5 exits the control body through air exfiltration. If outdoor PM2.5
concentration is constant for a given time period, the indoor PM2.5 concentration will eventually
come to a steady state. The steady-state PM2.5 mass balance equation is expressed as
𝑃𝑄𝑖𝑛𝑓 𝑐𝑜𝑢𝑡 + 𝑄𝑚𝑓 (1 − 𝜂𝑚𝑓 ) = 𝑄𝑟𝑒 𝜂𝑟𝑒 𝑐𝑖𝑛 + (𝑄𝑖𝑛𝑓 + 𝑄𝑚𝑓 )𝑐𝑖𝑛 + 𝐾𝑉𝑐𝑖𝑛

Eq. (1)

where P is penetration factor, dimensionless; Qinf is infiltration rate, m3∙h-1; cout is outdoor PM2.5
concentration, μg∙m-3; Qmf is mechanical fresh air rate, m3∙h-1; ηmf is filtration efficiency of mechanical
fresh air unit, dimensionless; Qre is mechanical return air rate, m3∙h-1; ηre is filtration efficiency of
mechanical return air unit, dimensionless; cin is indoor steady-state PM2.5 concentration, μg∙m-3; K
is PM2.5 deposition rate, h−1; and V is volume of the control body, m3.
The I/O ratio of PM2.5 for the steady state is given by Eq. (2) (Monn et al., 1997):
𝐼/𝑂𝑟𝑎𝑡𝑖𝑜 =

𝑐𝑖𝑛
𝑐𝑜𝑢𝑡

Eq. (2)

Substituting Eq. (2) into Eq. (1), infiltration rate is calculated by the following equation:
𝑄𝑖𝑛𝑓 =

𝑄𝑟𝑒 𝜂𝑟𝑒 ×𝐼/𝑂𝑟𝑎𝑡𝑖𝑜 +𝑄𝑚𝑓 (𝐼/𝑂𝑟𝑎𝑡𝑖𝑜 +𝜂𝑚𝑓 −1)+𝐾𝑉×𝐼/𝑂𝑟𝑎𝑡𝑖𝑜
𝑃−𝐼/𝑂𝑟𝑎𝑡𝑖𝑜

Eq. (3)

According to Eq. (3), when I/O ratio, mechanical ventilation rates, filtration efficiencies, room volume,
deposition rate, and penetration factor are determined, infiltration rate can be calculated. Among
them, I/O ratio, mechanical ventilation rates, filtration efficiencies, and room volume are obtained by
measurements. Researchers have found that indoor deposition rate is 0 – 0.5 h−1 for PM2.5 and
the penetration factor is very close to 1 and usually set to 1 (Thatcher and Layton, 1995; Ozkaynak
et al., 1996; Wallace, 1996).
Then, total fresh air rate is
𝑄𝑡 = 𝑄𝑖𝑛𝑓 + 𝑄𝑚𝑓
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where Qt is total fresh air rate, m3∙h-1.
2.2.

Sensitivity Analysis

As mentioned before, the variation range of PM2.5 deposition rate in previous researches is 0 – 0.5
h−1. In this study, PM2.5 deposition rate is set to 0.25 h−1. Then, sensitivity analysis is conducted for
deposition rate within the range of 0 – 0.5 h−1.
According to Eq. (3), infiltration rate can be divided to the ventilation and deposition parts:
𝐹=

𝑄𝑟𝑒 𝜂𝑟𝑒 ×𝐼/𝑂𝑟𝑎𝑡𝑖𝑜 +𝑄𝑚𝑓 (𝐼/𝑂𝑟𝑎𝑡𝑖𝑜 +𝜂𝑚𝑓 −1)

Eq. (5)

𝑃−𝐼/𝑂𝑟𝑎𝑡𝑖𝑜

𝐷=

𝐾𝑉×𝐼/𝑂𝑟𝑎𝑡𝑖𝑜

Eq. (6)

𝑃−𝐼/𝑂𝑟𝑎𝑡𝑖𝑜

where F is the ventilation part which means infiltration rate calculated by mechanical ventilation and
filtration, m3∙h-1; and D is the deposition part which means infiltration rate calculated by particle
deposition (m3∙h-1).
Substituting Eqs. (5) and (6) into Eq. (3), infiltration rate is calculated by
Eq. (7)

𝑄𝑖𝑛𝑓 = 𝐹 + 𝐷

Also according to Eq. (3), infiltration rate and deposition rate are linearly positive correlated. Thus,
the impact of deposition rate on infiltration rate is
δ=

𝐷0.25 −𝐷0
𝐹+𝐷0.25

=

𝐷0.5 −𝐷0.25
𝐹+𝐷0.25

=

𝐷0.5 /𝐷0.25 −1

Eq. (8)

𝐹/𝐷0.25 +1

where δ is the impact of deposition rate on infiltration rate, dimensionless; D0, D0.25 and D0.5 are
deposition parts when PM2.5 deposition rates are 0, 0.25 and 0.5 h−1, respectively.
According to Eq. (8), the relationship between F/D0.25 and δ is illustrated in Fig. 2, which indicates
that the impact of deposition rate on infiltration rate will be lower than 10% when the ventilation part
is more than 10 times the deposition part. In other words, in order to reduce the impact of deposition
rate (which cannot be directly measured) on the calculated result of infiltration rate and to enhance
the calculating accuracy, mechanical ventilation rate and filtration efficiency should be as high as
possible.

Impact of K, δ

50.0%
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30.0%
20.0%
10.0%
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F/D0.25
Figure 2: Relationship between F/D0.25 and δ

3. RESULTS
The proposed method was used to assess fresh air rate for a concert hall which has a measured
volume of 6950 m3 and 510 seats (as shown in Fig. 3). Infiltration and total fresh air rates of two
ventilation conditions were measured. Instruments used in the measurements are listed in Table 1.
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Figure 3: The measured concert hall
Table 1. Instrument list

Instrument

Model

Tape measure

Tajima Hilock25

± 0.5 mm

TSI 962

± 0.015 m/s or
± 3% of reading

TSI AM510

/

Hot wire
anemometer
PM2.5
concentration
monitor

Accuracy

Usage
Measuring room volume
and mechanical
ventilation rates
Measuring mechanical
ventilation rates
Measuring indoor and
outdoor PM2.5
concentrations

Measurements were conducted on May 4, 2017. The concert hall has two air handling units (AHUs),
one for stage area (AHU1) and another for audience area (AHU2). Mechanical ventilation rates of
AHUs were measured in air ducts using hot wire anemometer. The measured air supply rates of the
two AHUs under difference ventilation conditions are listed in Table 2. There were twelve measuring
points indoors for PM2.5 concentrations and two outdoors. Indoor PM2.5 measuring points were
evenly distributed.
Table 2. Mechanical ventilation rate

Ventilation condition
AHU1 (stage area)
AHU2 (audience area)
Filtration efficiency

All return air
13213

m3∙h-1

Fresh and return air

(return air)

13213 m3∙h-1 (return air)
11354 m3∙h-1 (fresh air)
14461 m3∙h-1 (return air)
3746 m3∙h-1 (return air)
75.5%

First, the two AHUs were adjusted to ‘All return air’ model, under which circumstances there was no
mechanical fresh air and the mechanical return air rate was 27674 m3∙h-1 in total. The indoor and
outdoor PM2.5 concentrations are shown in Fig. 4. As illustrated in this figure, the outdoor PM2.5
concentration is stable during the test period. That is because horizontal static wind is one of the
main reasons for the formation of hazy weather and can cause a steady outdoor concentration of
PM2.5 for a period of time (Zhou, 2015), which also validates our assumption for Eq. (1). Indoor
PM2.5 concentration declines and reaches a stable value after turning on the AHUs for half an hour.
The steady-state PM2.5 I/O ratio is 0.09 and the infiltration rate calculated by Eq. (3) is 2241 m3∙h-1,
which is also the total fresh air rate. By Eqs. (5) and (6), the ratio between the ventilation and
deposition parts (F/D0.25) is 15, thus the impact of deposition rate on infiltration rate is lower than 7%
and is ignored.
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PM2.5 concentration, μg/m3
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Figure 4: PM2.5 concentration (All return air)

μg/m3

60.0

PM2.5 concentration,

Then, AHU2 was adjusted to ‘Fresh and return air’ model, with AHU1 unchanged. In this case, the
mechanical fresh and return air rates were 11354 and 16959 m3∙h-1. The indoor and outdoor PM2.5
concentrations are shown in Fig. 5. The steady-state PM2.5 I/O ratio is 0.11 and the infiltration rate
calculated by Eq. (3) is 124 m3∙h-1. Hence, the total fresh air rate is 11478 m3∙h-1.

45.0
30.0
15.0
0.0
11:00:00 11:15:00 11:30:00 11:45:00 12:00:00 12:15:00 12:30:00

Indoor

Time

Outdoor

Figure 5: PM2.5 concentration (Fresh & return air)

Results of the above measurements are listed in Table 3. As mentioned in the Introduction, China’s
standard of fresh air rate for theatre buildings is 15 – 25 m3∙h-1 per person. Therefore, the measured
concert hall needs 7650 – 12750 m3∙h-1 of fresh air. Under the first ventilation condition (‘All return
air’), infiltration is the only source of fresh air, but the infiltration rate is much lower than standard.
This ventilation model can be used during rehearsals. While, when the audience is present,
mechanical fresh air should be supplied. Under the second ventilation condition (Fresh & return air),
the infiltration rate reduces sharply. This is because mechanical fresh air contributes to maintaining
the positive pressure indoors and restraining air infiltration (Sapkota et al. 2005, ASHRAE 2009).
Many researches assume that when a room is supplied with mechanical fresh air, infiltration rate will
be zero (Cetin and Novoselac 2015). However, our results indicate that the relationship between
infiltration and mechanical fresh air rates needs to be further studied. In order to determine the total
fresh air rate, infiltration rate under certain mechanical fresh air rate needs to be assessed. According
to our results, the second ventilation model provides adequate fresh air for audience.
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Table 3. Test results

Ventilation condition
Mechanical fresh air rate

All return air

Fresh and return air

(m3∙h-1)

0

11354

(m3∙h-1)

27674

16959

63.0

45.1

5.7

5.0

0.090

0.112

2241

124

2241

11478

Mechanical return air rate
Outdoor PM2.5 concentration (μg∙m-3)
Indoor steady-state PM2.5
concentration (μg∙m-3)
I/O ratio
Infiltration rate

(m3∙h-1)

Total fresh air rate

(m3∙h-1)

4. CONCLUSIONS
Due to high occupant density, sufficient fresh outdoor air for audience in theatre buildings is vital.
Mechanical ventilation and air infiltration are two sources of outdoor fresh air. In order to determine
total fresh air rate, avoid excessive ventilation and improve indoor air quality, it is necessary to
assess mechanical ventilation and air infiltration rates. Mechanical ventilation rate can be measured
in air ducts, but infiltration rate cannot be directly measured. The commonly used method to assess
infiltration rate is very complex to implement. This paper proposes a convenient method to assess
infiltration rate based on the particle mass balance principle. Considering that particles deposit
indoors, sensitivity analysis is conducted for particle deposition rate. It is concluded that in order to
reduce the impact of deposition rate on infiltration rate, mechanical ventilation rate and filtration
efficiency should be as high as possible.
The proposed method was used to assess infiltration and total fresh air rates for a concert hall. When
mechanical fresh air is not supplied, infiltration is the only source of fresh air, which is not enough
for audience but can be applied during rehearsals. When mechanical fresh air is supplied, infiltration
rate reduces sharply (from 2241 to 124 m3∙h-1), which proves that mechanical fresh air contributes
to maintaining the positive pressure indoors. The relationship between infiltration and mechanical
fresh air rates needs to be further studied.
In conclusion, in order to determine the total fresh air rate, infiltration rate under certain mechanical
fresh air rate needs to be assessed. Our proposed method provides a convenient way to assess
infiltration rate, which avoids the disadvantages of traditional methods.
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ABSTRACT
The regulations on high global warming potential (GWP) refrigerants are being intensified in recent
years. Thus, the researches with respect to alternative refrigerants are actively carried out. The R744
is representative natural refrigerant with low GWP, however, the pressure of R744 cycle is very high,
and the coefficient of performance (COP) tends to be lower than conventional cycles. Therefore, in
this study, experimental study for transcritical R744 refrigeration system with ejector installed is
progressed. Ejector geometry and optimal operating conditions are provided to find an optimal COP.
In addition to this, experiments are conducted at various conditions to investigate the optimal
operating situation.
The cycle shows the best performance when the ejector geometry and operating conditions are well
matched. Performance of ejector is enhanced as the gas cooler pressure elevates. While the
compressor work is also increases. Therefore, optimal operation conditions should be thoroughly
determined.
Keywords: Refrigeration, Carbon Dioxide, COP, Ejector.

1. INTRODUCTION
As global warming gets worse, temperatures of earth have risen dramatically. For this reason, air
conditioner becoming an indispensable product in the current generation. However, the refrigerant
using in air conditioner has high GWP. Therefore, the use of air conditioner accelerates the global
warming, and we need more air conditioner. To break a vicious circle, there must be a new alternative.
Though natural refrigerants, such as carbon dioxide, ammonia, and hydrocarbon etc., are classical
refrigerants, natural refrigerants are substituted because those has some problems to use. However,
the global warming problems of CFC, HFC, and HCFC refrigerants lead a new emergence of natural
refrigerants. Natural refrigerants have very low GWP.
In this paper, representative natural refrigerant, carbon dioxide is analysed. GWP of carbon dioxide
is just 1, and ODP is zero. However, as I mentioned before, carbon dioxide has problem to use as
refrigerant. That is low COP. Therefore, research on performance improvement is important in
carbon dioxide refrigeration system.
Yoon et al. carried out fundamental study about heat transfer and pressure drop characteristics of
carbon dioxide at the supercritical region. And many researchers devise new carbon dioxide cycle
to get performance improvement. Dai et al. studied energetic performance of transcritical CO2
refrigeration cycles with mechanical subcooling using zeotropic mixture as refrigerant, and Zhang et
al. studied double-compression transcritical CO2 cycle, and get performance improvement at various
conditions. Song et al. investigated the transcritical CO2 refrigeration system using capillary tube
with experimental study.
There is also a paper on the ejector. Basic ejector cycle is appeared in Fig. 1. Li et al. conducted
visualization of two phase ejector through experimental study, and Palacz et al. carried out CFD
calculation of CO2 gas ejector and get entrainment ratio of ejector at various conditions. Taslimi
Taleghani et al. conducted two-phase ejector modelling for on-design and off-design condition.
In this study, the simulation study for transcritical R744 refrigeration system with ejector is conducted.
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Figure 1: General transcritical R744 refrigeration cycle with ejector

2. SIMULATION STUDY
2.1.

Ejector

Ejector has converging nozzle and diverging nozzle. Refrigerant get in ejector compressed and
mixed with suction flow and discharged. In the process, pressure is decreased and restored. This is
key point of ejector. By using the ejector, the mass flow rate of evaporator is reduced. Because of
that, cooling capacity of system is reduced compared by non-ejector system. However, refrigeration
pressure is restored and the refrigerant is heated at inlet of compressor. Therefore, compressor work
is lowered. COP is calculated by Eq. (1)
𝑄
COP = 𝑊𝑒
Eq. (1)
𝑐

Consequently, performance is improved as using ejector.
2.2.

Heat Transfer Characteristics of Carbon Dioxide

𝑇𝑝𝑐 is the temperature that has maximum specific heat. Characteristics of carbon dioxide shows
drastic change before and after the pseudo critical temperature. Therefore, the heat transfer
calculation method has to be divided.
𝜌𝑝𝑐 1.6

Nu = 0.013 ∗ Re ∗ Pr −0.05 ∗ (

)

𝜌
0.66

for 𝑇 ≤ 𝑇𝑝𝑐

Eq. (2)

Nu = 0.14 ∗ Re0.69 ∗ Pr
for 𝑇 ≤ 𝑇𝑝𝑐
Eq. (3)
Using Nusselt number according to Eq. (2) and Eq. (3), heat transfer rate of carbon dioxide is
calculated.
2.3.

Simulation Condition

The main parameter of simulation is compressor speed, and the iteration values in simulation are
entrainment ratio of ejector, pressure of internal heat exchanger and separation ratio of phase
separator. The flow chart of simulation represented in Fig. 2.
Outdoor temperature is 35℃, and indoor temperature is 27℃. In order to maintain a certain condition,
the air temperature at exit of evaporator is fixed as 12℃. Other conditions, such as length, are given
in the following Table 1.
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Table 1. Condition of simulation

Parameter

Value

Outdoor temperature

35℃

Indoor temperature

27℃

Air temperature at evaporator

12℃

Gas cooler length (fin-tube)

37 m

Internal heat exchanger length (doubled-tube)

10 m

Evaporator length (fin-tube)

21 m

DSH

15 to 19

From the Table 1, DSH is relatively high than general refrigeration system. This is feature of this
system. Refrigerant in this system is cooled down in evaporator and pass ejector and IHX. Therefore,
temperature of refrigerant is comparatively lower. This effect lead to rise of DSH.

Figure 2: Flow chart of simulation

3. RESULT AND DISCUSSION
3.1.

Temperature contour and density contour

This section shows temperature contour and density contour in gas cooler and evaporator. Contours
are calculated through MATLAB. All the figures are selected at the same case. DSH is 18, and
compressor speed is 70 Hz. The translucent black region appear flow path in heat exchanger, and
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translucent white arrow shows the flow direction. Fig. 3 is temperature contour in gas cooler, and
Fig. 4 is density contour in gas cooler.

Figure 3: Temperature contour in gas cooler

As the flow progresses, temperature becomes decreases and density becomes increases. And at
the curved section, temperature and density are stagnated.

Figure 4: Density contour in gas cooler

Fig. 5 is density contour in evaporator. Temperature in evaporator shows similar values with each
other, the temperature contour in evaporator does not appear in this paper.
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Figure 5: Density contour in evaporator

As the flow progresses, density becomes decreases. And at the curved section, temperature and
density are stagnated.
3.2.

Coefficient of Performance

3.2.1. Compressor speed
The COP of transcritical R744 refrigeration cycle with ejector with respect to compressor speed is
represented in Fig. 6.

3.0

COP

2.5

2.0

DSH

15 oC
16 oC
o
17 C
o
18 C
19 oC

1.5

1.0

50

60
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80

Compressor speed (Hz)

90

100

Figure 6: COP with compressor speed
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COP is grows bigger as compressor speed increases until about 70 Hz or 80 Hz, and COP decreases
as compressor speed increases. In this simulation, five DSH conditions selected, and except DSH
is 19 case, all cases have maximum COP at compressor speed is 70 Hz.
3.2.2. DSH
The COP of the same cycle with DSH represented in Fig. 7
3.0

COP

2.5

2.0

Compressor speed (Hz)

1.5

60 Hz
70 Hz
80 Hz
1.0

15

16

17

DSH

18

19

Figure 7: COP with DSH

As I mentioned before, DSH of transcritical R744 refrigeration cycle with ejector is relatively high.
Academically, the lower DSH, the better. However, lower DSH can cause wet compression. Wet
compression is the phenomenon that compressor inhale liquid refrigerant and compressed it. This
can be lead break-up of compressor. From the Fig. 7, COP decreases as DSH grow bigger.
Furthermore, compressor speed is 70 Hz case is optimal case.

4. CONCLUSIONS
In this paper, transcritical R744 refrigeration cycle with ejector is analysed. Using simulation study,
temperature distribution and density distribution are obtained as contour figure. Further on, the COP
with compressor speed and COP with DSH are calculated. And using this results, operating condition
that maximize the COP is gained. In this simulation condition, compressor speed is 70 Hz, and DSH
is 15 case show optimal value.
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NOMENCLATURE
DSH
IHX
ODP
Q
T

Degree of superheat
Internal heat exchanger
Ozone Depletion Potential
Heat (kW)
temperature (℃)

𝜌

Density (kg ∙ m )

GWP
Nu
Pr
Re
W

Global Warming Potential
Nusselt number
Prandtl number
Reynolds number
Work (kW)

GREEK SYMBOLS
−3

SUBSCRIPTS
c
pc

Compressor
Pseudo critical

e

Evaporator
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ABSTRACT
Indirect evaporative cooling technology to produce cooling water (called IEC chiller) is proved to be
most predicable with lower outlet temperature of cooling energy and lower transportation power
consumption. There are different process structures of IEC chillers. However there are not good
methods and principles to compare and choose different processes. In this paper, two typical IEC
chillers with different process structures are compared, by field testing results, theoretical analysis
and simulation analysis. Based on the field-testing analysis and theoretical analysis, the
comparisons by simulation are carried out with the same NTU and the same cooling capacity. The
comparison results are obtained, which changes with the size of NTU. The main reasons are
discussed and the principle of choosing different processes are primarily obtained.
Keywords: Cold Water, Efficiency, Evaporative System, Optimization, Testing.

1. INTRODUCTION
Evaporative cooling technologies have been used more and more widely in building cooling systems,
data centre cooling systems, different factory cooling processes and so on as its benefits on low
energy consumption and zero CFCs emissions.
Considering the basic cooling processes, the evaporative cooling technology can be divided into two
kinds, direct evaporative cooling technologies (DEC) and indirect evaporative cooling technologies
(IEC) (Duan, 2012). For DEC processes, the limit outlet temperature is inlet wet bulb temperature.
While for IEC processes, the limit outlet temperature is inlet dew point temperature (Wicker,2003,
Jiang and Xie, 2010, Mahmood, 2016). For dry climates, the dew point is about 8~10K lower than
wet bulb temperature. Thus, IEC technology can be used in wider climates and applications (Bom,
1999).
Considering the working medium for supplying cooling energy, the evaporative cooling technology
can be divided into two kinds, DEC/IEC processes to produce cooling water (Jiang and Xie, 2010)
or DEC/IEC processes to produce cooling air (Watt, 1987, Singh,1999, Al-Juwayhel,2004). First, the
transportation energy consumption for cooling water system can only be 1/4 to 1/10 of cooling air
system. Second, the cooling water system is more sensible to realize local cooling where heat emits.
Thus, cooling water systems can be used in wider applications.
Accordingly, IEC technology to produce cooling water process is the most competitive technology.
IEC technology to produce cooling water, also called IEC chiller is prompted (Jiang and Xie, 2010)
more than ten years ago in about 2002 and has been used in a lot of real projects in northwest of
China for buildings cooling systems. After that, several kinds of IEC chiller processes are prompted.
The different IEC chiller processes are composed of different sensible heat transfer processes,
different heat and mass transfer processes and different connections of these processes. Thus, how
to choose the better processes of IEC chiller is a key and basic problem, for finding the most suitable
processes for real applications. Accordingly, two basic IEC chiller processes is compared in this
paper, including comparisons of both theoretical analysis results and real testing results. Based on
the comparisons, the principle of comparing different processes is discussed and obtained primarily.
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2. PRINCIPLES OF TWO IEC CHILLER PROCESSES
2.1.

IEC Chiller Process I

Fig. 1 shows the structure of IEC chiller process I, which is put forward in 2002 (Jiang and Xie, 2010).
As shown in Fig. 1a, the main components are a counter current air cooler and a counter current
padding tower. The inlet air is cooled by one part of the outlet cold water, from O to A, as Fig. 1(b)
shows. Then the air at conditions A is extracted into the padding tower and is carried heat and mass
transfer process with the spraying water, and finally is heated and humidified to conditions E. The
outlet cooling water at the condition tw,O of the padding tower is divided into two parts, one part is
pumped into the air cooler to cool the inlet air and the other is pumped into the users. The two parts
of return water are mixed to the condition tw,sp and sprayed on the top of the tower and then contacts
with air for direct evaporative cooling processes and finally to be cooled to the outlet condition tw,O.
For this IEC chiller process I, when the ratio of the two parts water flow rate is designed to be a
suitable value, the air-water sensible heat transfer process and the air-water evaporative cooling
process can be both matching heat transfer processes. Further, when the heat transfer area of the
two main components is designed to be infinite, the limit outlet temperature of the cooling water is
the inlet dewpoint temperature (Jiang and Xie, 2010).
50
40

t(°C)

O

(t o,do)

30

E
t w,r

20

A

10

0.005

t w,1

tw
(t dp,o,do)

P0=101.325 kPa

100%

0
0

t w,sp

0.01

0.015

0.02

0.025

0.03

d(kg/kg.air)

（a）structure of the process (b) process to produce cooling water
Figure 1: IEC chiller process I

2.2.

IEC Chiller Process II

Fig. 2 shows the structure of IEC chiller process II. The main components of this process are
crosscurrent air-air heat exchangers and counter current air-water evaporative cooling modules, as
shown in Fig. 2(a). The inlet air is first cooled by the exhaust air, from O to A as Fig. 2(b) shows.
Then the cooled air A is extracted into the air-water heat and mass transfer modules to be humidified
to the condition E to produce cooling water at the condition tw,o. The inlet water at the condition tw,in
is sprayed on the top of the evaporative cooling modules and then contacts with the air to carry out
heat and mass transfer processes and finally is cooled to be tw,o. The outlet air of the evaporative
cooling modules at the condition E is heated by the air-air heat exchangers to be the condition F and
finally exhausted out.
For this IEC chiller process, the outlet water temperature cannot reach the inlet dew point
temperature even if the air-air heat transfer processes and the air-water heat and mass transfer
processes are both matching designed and the heat transfer area is large enough to be infinite.
While for this process, all of the cooling water produced by the padding tower is transported to users.
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Figure 2: IEC chiller process II
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2.3.

Performance Description Method of IEC Chillers

Each table First, to express the basic performance-the outlet temperature of the cooling water of the IEC
chillers introduced above, the efficiencies of the basic two kinds of components are used to obtain the
outlet temperature, as shown by Eq. (1)~(3):
tw,o=twr- ηev[twr-(tsO- ηc (tsO-tdpO)]]

Eq. (1)

ηc =(tsO-tsA)/(tsO-tdpO)

Eq. (2)

ηev=(twr-tw)/(twr-tsA)

Eq. (3)

Where ηc represents the air cooling efficiency of the sensible heat transfer process, ηev represents the
water cooling efficiency of the heat and mass transfer process.
Where tw,O represents the outlet water temperature of the IEC chiller; twr represents the return water
temperature of cooling water; tsO represents the wet bulb temperature of the inlet air; tsA represents the
wet bulb temperature of the outlet air of the air cooling processes; tdpO represents the dew point
temperature of the inlet air.
If ηc and ηev were both reaching 1, the outlet temperature of the cooling water would reach the inlet dew
point temperature.
Second, the output quantity of cooling energy for unit inlet air flow rate can be expressed by Eq. (4).
qw =Gw*cpw*(tw,r-tw,o)/Ga

Eq. (4)

Where Gw represents the output water flow rate to users; cpw represents the specific heat capacity
of water, Ga represents the inlet air flow rate.

3. FIELD TESTING RESULTS OF TWO IEC CHILLERS
3.1.

Field Testing Results of IEC Chiller I

(a) Developed IEC chiller I

(b) Testing outlet water temperature of the chiller

Figure 3: Testing results of IEC chiller I

Figure 4: Testing efficiencies of IEC chiller I

Figure 5: Testing cooling energy of IEC chiller I

The IEC chiller I is developed and applied in real buildings, as shown in Fig. 3a. As Fig. 3b shows, the
tested outlet water temperature of the chiller is lower than inlet wet bulb temperature and higher than inlet

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4155

dew point temperature, and more or less at the average value of inlet wet bulb and dew point temperature
(Jiang and Xie, 2010).
The tested efficiencies ηc and ηev is shown in Fig. 4, ηc and ηev are both at about 0.7~0.8. The output
cooling energy of unit inlet air flow rate is at about 4~7 kW∙kg-1∙s-1).

3.2.

Field testing results of IEC chiller II

The testing results of IEC chiller II is shown in Table 1. Fig. 6 and Fig. 7 shows the processes of
working condition 1 and working condition 2. The tested efficiencies ηc and ηev is shown in Table. 1.
ηc is at about 0.3, which is much lower than that of IEC chiller I. ηev is higher than 0.9, which is a
little higher than that of IEC chiller II.
Working
condition
Working
condition
1
Working
condition
2

tO
(℃)

tsO
(℃)

tdpO
(℃)

tA
(℃)

32.2

17.9

8.4

40.4

22.4

13.4

Table 1. Testing results of IEC chiller II

tsA
(℃)

tE
(℃)

dE
(g∙(kg.
air)-1)

tF
(℃)

tw,in
(℃)

tw,o
(℃)

ηc

ηev

qw
kW∙k
g-1∙s-1

24.9

15.3

19.2

11.61

26.6

21.7

15.8

0.27

0.92

6.3

30.1

19.3

22.1

13.75

32.4

21.7

19.4

0.34

0.98

2.4

Figure 6: Working conditon 1 of IEC chiller II

Figure 7: Working condition 2 of IEC chiller II

4. IDEAL PERFORMANCE OF TWO IEC CHILLERS BY THEORETICAL ANALYSIS
For one process, when the internal heat transfer processes, and heat and mass transfer processes
are both designed to be flow rate matching processes, and the heat transfer area is tended to be
infinite, the processes reaches its ideal performance. For different process structures, the ideal
performances are different. The ideal processes of IEC chiller I and IEC chiller II are shown in Fig.
8. and Fig. 9.
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Figure 8: The ideal performance of IEC chiller I Figure 9: The ideal performance of IEC chiller II
The comparison is shown in Table 2.
Table 2 Comparison of ideal performances of the two IEC chillers

Ideal tw,o

IEC chiller I
tdp,o

IEC chiller II
tsA, where tA=tw,in and dA=dO, which is higher than tdp,o
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qw
kW∙kg-1∙s-1

qwI=GwIcpw(tw,intdpO)/Ga

qwII=GwIIcpw(tw,in-two)/Ga=r0(dw,in-dO)

For IEC chiller I, the ideal outlet temperature is inlet dew point temperature tdp,o, the ideal output cooling
energy qwI depends on the return water temperature tw,in and tdp,o. The higher the tw,in, the higher the qwI.
For this process, the ideal tw,o is independent of qwI.
For IEC chiller II, the ideal outlet temperature is the wet bulb temperature of air with the dry bulb
temperature equals to tw,in and the humidity ratio equals to inlet air humidity dO, which is higher than tdp,o.
The ideal output cooling energy qwII depends on tw,in and dO. For this process, tw,o not only depends on
do, but also depends on tw,in. The lower the tw,in, the lower the tw,o, while the lower the tw,in, the lower the
qwII. The ideal tw,o is related to qwII.

Furthermore, if the saturation line is assumed to be a linear line, which can be described by Eq. (5).
ds=ats+b

Eq. (5)

where ts represents the dry bulb temperature of the saturated air, and ds represents the humidity ratio of
the saturated air, a is the linear factor.
In addition, for matching design of each heat transfer processes, the relation of the flow rates of air and
water for IEC chiller I can be expressed by Eq. (6)~(8).
Gwbcpw=Gacpa

Eq. (6)

(GwI+Gwb)cpw=Gacpea

Eq. (7)

cpea = cpa +r0a

Eq. (8)

Where Ga represents the air flow rate of inlet air, Gwb represents the water flow rate of the air cooler, GwI
represents the water flow rate of the user, cpa represents the specific heat capacity of air, cpw represents
the specific heat capacity of water, cpea represents the equivalent specific heat capacity of air for
evaporative cooling process.
By using Eq. (5)~(8), the output cooling capacity qwI can by expressed by Eq. (9).
qwI=GwIcpw(tw,in-tdpO)/Ga= r0a(tw,in-tdpO)

Eq. (9)

For matching design of IEC chiller II, the flow rates of air and water can be expressed by Eq. (10)
GwIIcpw=Gacpea
Where GwII represents the cooling water flow rate for users.
The output cooling energy of IEC chiller II qwII can be expressed by Eq. (11).

qwII=GwIIcpw(tw,in-two)/Ga=r0(dw,in-dO)=r0a(tw,in-tdpO)

Eq. (10)

Eq. (11)

Thus, we can see that, for the ideal performances, the cooling capacity of the two IEC chillers are
equal to each other, while the output cooling water temperature of IEC chiller I is lower than IEC
chiller II. Accordingly, IEC chiller I is better than IEC chiller II for ideal performances.

5. RESULTS AND DISCUSSION
5.1.

Comparison by Field Testing Results

The simulation procedures of IEC chiller I and IEC chiller II were both set up by EES, which can be
used to compare the two IEC chillers under the same inlet air conditions. Thus, the performance of
IEC chiller I is simulated under the testing inlet air conditions of IEC chiller II for comparison. Table
3 shows the comparison results.
Table 3. Comparison results under field tested inlet air conditions

Working condition 1

Working condition 2
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perfor
manc
e
IEC
chiller
I
IEC
chiller
II

tO
(℃)

tdp,o
(℃)

tw,in
(℃)

tw,o
(℃)

ηc

ηev

qw
kW∙kg
-1 -1
∙s

tO
(℃)

tdp,o
(℃)

tw,in
(℃)

tw,o
(℃)

ηc

ηev

qw
kW∙kg
-1 -1
∙s

32.2

8.4

21.7

13.0

0.75

0.8

>7.0

40.4

13.4

21.7

16.9

0.75

0.8

7.0

32.2

8.4

21.7

15.8

0.27

0.92

6.3

40.4

13.4

21.7

19.4

0.34

0.98

2.4

From Table 3, under the same tested working conditions, the performance of IEC chiller I is better than
IEC chiller II as well, with lower tw,o and higher qw. The comparison results of field testing results not only
depend on the different structure of IEC chillers, but also depends on NTU of internal heat transfer
processes and the running air-water flow rate ratio, which are shown in Table 4.

-

Table 4. NTU and air-water flow rate ratio of real tested IEC chillers

IEC chiller I
IEC chiller II

NTU of sensible heat
exchanger
4.5
1.66

NTU of padding
tower
2.5
1.66

air-water flow rate
ratio
3.3
3.9

From Table 4, the NTU of the sensible heat exchanger and the padding tower of IEC chiller I are
both higher than that of IEC chiller II. The air-water flow rate ratio of IEC chiller I is lower. Thus, it is
difficult to say that IEC chiller I is better than IEC chiller II for real performances. To fairly compare
the two different structures under finite heat transfer area, it is better to carry out the comparison
under the same NTU and the same air-water flow rate ratio, which is discussed in the flowing part.
5.2.

Comparison under the Same NTU and the Same Flow Rate Ratio

The simulation models of IEC chiller I and IEC chiller II are set up and verified by the field testing
results. Using the simulation models of IEC chiller I and IEC chiller II, the comparisons are carried
out under the conditions as Table 5 shows. Given the same NTU of both air coolers and padding
towers of the two kinds of IEC chillers and to produce the same cooling energy, to compare the
temperature level of the output cooling water, the lower the better.
The two kinds of IEC chillers are compared under three working conditions, with different NTU levels
and different cooling capacity demands. The comparison results are shown in Fig. 10~Fig. 11. From
Fig. 11. It is can be seen that, when the NTU of the two main components is low, as for working
condition 1, the tw,o of IEC chiller I is higher than that of IEC chiller II, and at this moment, IEC chiller
II is better than IEC chiller I. While when the NTU is high enough, as for working condition 2 and
working condition 3, the tw,o of IEC chiller I is lower than that of IEC chiller II, which indicates that IEC
chiller I is better than IEC chiller II.
Table 5. The comparison conditions

Working
Working
Working
condition 1 condition 2 condition 3
NTU of padding towers
2.5
3.75
5.0
NTU of air coolers
2.5
3.75
5.0
IEC IEC IEC IEC IEC IEC
chiller chiller chiller chiller chiller chiller
I
II
I
II
I
II
Cooling capacity
7.8
7.8
9.0
9.0
9.6
9.6
(kW∙kg-1∙s-1)
air flow rate (kg∙s-1)
1.0
Water flow rate (kg∙s-1)
0.4
Inlet air tO (℃)
35.0
Inlet air dO (g∙(kg.air)-1)
8.0
Given parameters
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Figure 10: The inlet water temperature tw,in

Figure 11: The outlet water temperature tw,o

Figure 12: The comparison results
5.3.

Analysis of the Comparison Results

From Fig. 10 to Fig. 11, we can see that, the comparison result of the two different structures
depends on the level of NTU. Fig. 12 shows the main reason. For IEC chiller I, as Fig. 8 shows, the
inlet air can be cooled near the saturation line by the air cooler, thus the following evaporative cooling
process can be both flow rate matching and parameter matching process. However, the quantity of
the transferred heat of the air cooler and the padding tower are both larger than that of IEC chiller II,
which needs more heat transfer area. While, for IEC chiller II, as the air after the air-air heat
exchanger is far from the saturation line, the evaporative cooling process cannot be realized to inlet
parameters matching, and when the heat transfer area is large enough, the influence of unmatching
is more prominent.
Thus, when the NTU is low enough, the principal contradiction is the finite heat transfer area, the
process with lower quantity of total transferred heat is better, and when the NTU is high enough, the
principal contradiction is the matching performance, the process with better matching performance
is better. This is why the IEC chiller II is better than IEC chiller I when the NTU is low and when the
NTU is high enough, the IEC chiller I is better. The comparison results of processes with different
structures depends on the principal contradictions which will change with the size of NTU.

6. CONCLUSIONS
In this paper, two typical kinds of IEC chillers are compared, both by field testing results, theoretical
analysis and simulation analysis. The main results are:
1. From field testing results of real equipment, IEC chiller I is better than IEC chiller II, with lower
outlet temperature of cooling water tw,o and higher cooling capacity qw.
2. From theoretical analysis for ideal performance, IEC chiller I is better than IEC chiller II, with
lower tw,o. The cooling capacity qw is equal to each other for the two processes.
3. By using the verified simulation models, IEC chiller I and IEC chiller II are compared under
the same NTU and the same demand of qw. When the NTU is low enough, IEC chiller II is
better than IEC chiller I, and when the NTU is high enough, IEC chiller I is better than IEC
chiller II. This is due to the different features of the two IEC chillers. IEC chiller I is a matching
process with both flow rate matching and inlet parameter matching, while with higher quantity
of total transferred heat. IEC chiller II is an unmatching process for inlet parameter as the
cooled air after the air-air heat exchanger is far from the saturation line, while with lower
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quantity of total transferred heat. As the NTU is changing from low to large, the principal
contradiction is changing from the finite heat transfer area to unmatching performance, which
makes the comparison results change. The comparison results gives us the choosing principle
of different structure of IEC chillers.
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NOMENCLATURE
t
q
η
G
cp
d
NTU

temperature (°C )
cooling capacity (kW∙kg-1∙s-1)
cooling efficiency
Mass flow rate (kg∙s-1)
Specific heat capacity (kJ∙kg-1∙K-1)
humidity ratio(g∙(kg.air)-1)
number of heat transfer unit

subscripts
w
dp
c
ev
O

water
dew point temperature
air cooler
evaporative cooling process
outdoor air
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ABSTRACT
Data Centres have been developed quickly in recent years. For water cooled data centre cooling
system, the freezing of cooling tower in winter is a big problem and very hard to solve. In this paper,
a novel system using indirect evaporative chillers to solve the freezing problem is put forward. The
running mode and the switch point from refrigeration to free cooling is discussed for the new system.
The performance of the recommended system in both winter and summer conditions is analysed
both by simulation and by field testing. Upon the results, the ice problem can be solved thoroughly
in winter, and the out water temperature of the indirect evaporative chiller can be 6~9K lower than
common cooling towers in summer. From a real case study, compared with common water-cooled
systems, the free cooling time can be 1000 hours increase and the electricity consumption can be
30~60% reduced.
Keywords: Cooling Tower, Data Centre, Evaporation, Free Cooling, Freezing.

1. INTRODUCTION
Recently, along with the development of IT industry, more and more data centres are built all over
the world. As the heat production density is very high in data centres, the heat load is increasing to
be 5kW/m2 or more. For a large scale data centre, the supplied power can be reached to 600,000kW,
equivalently as the output of a medium scale power station, or as the power consumption of a million
population city. From the statistical data, the power consumption of the data centres in China takes
more than 1% of the total power consumption of the country (Gu et al.,2011). To decrease the
electricity consumption of data centres is the active demand.
The power consumption of air conditioning systems can be 30~40% of that of the IT equipment. To
reduce the power consumption of air conditioning systems, most of the data centres are set up in
cold climates, and further for large-scale data centres, water cooled systems are mostly applied to
fully use the temperature difference between the air dry bulb and wet bulb temperature and to realize
free cooling in transition seasons and winters using cooling towers.
However, for the water cooled systems in cold climates, a big problem is that the freezing of cooling
towers in winters, as Fig. 1 shows.

Figure 1: Freezing of the cooling towers running in winters

Freezing of water always appears at the air inlet of the cooling tower, and make the air inlet blocked
and the air flow rate reduced to zero, which strongly influence the safe running of the cooling system
as well as the data centres. To solve the freezing problems, there exists some measures. For some
data centres, independent dry air coolers are set up to be used to cool water in winters instead of
cooling towers. However, using this measure, the system cost would be increased a lot, and
furthermore, the switching between the dry air cooler and the refrigeration system according to the
air temperature difference between the daylight and night would be very complicated. For some data
centres, internal cooling towers are used (Gong and Lin, 2013), which working as a cooling tower in
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summers and working as a dry air cooler in winters. However, using this method, the performance
is worse than ordinary cooling tower in winter and it would encounter all the problems of dry air
coolers stated above. In additions, for most of the data centres, electric heat tracing systems are
used for anti-freezing, which cannot avoid the freezing of air inlet and also consume a lot of electricity.
Besides, some assistant measures are used such as the air dampers and so on (Jiang et al., 2010).
As there are not good methods to solve the freezing problem, it can only depend on manual removing
the ice. Thus, it is a strong demand to find a good method to solve the freezing problem.
Accordingly, in this paper, a new method using indirect evaporative cooling technology to realize
anti-freezing of cooling tower in winter is introduced. An indirect evaporative cooling device to
produce cooling water (Jiang and Xie, 2010), also called IEC chiller is used instead of cooling tower,
which can both realize anti-freezing in winter and decrease the cooling water temperature in summer.
The IEC chillers have been used in air conditioning systems of large public buildings very well (Jiang
et al., 2009; Xie, 2009) in dry climates to replace ordinary mechanical chillers, such as northwest of
China. The energy consumption can be 40~70% reduced compared with common air conditioning
systems. While for these existed applications, the IEC chillers are just used in summer season, for
air conditioning systems of buildings. Thus, it is a new attempt to use IEC chillers for data centres
for all over the year, also the cooling water temperature for data centres is different from that for
building air conditioning systems. The joint system of IEC chiller and mechanical chiller is introduced
as well as the principle of running mode for different seasons. The anti-freezing principle is detailed
analysed and the real testing results in winter conditions are shown. Final a design case is shown,
to give the comparison results of the recommended system and other common systems in electricity
consumption, free cooling hours and switching conditions for mechanical cooling to free cooling.

2. COMBINED IEC CHILLER AND MECHINICAL CHILLER SYSTEM
To realize the whole year cooling for data centres, a combined system of an IEC chiller and a
mechanical chiller is prompted. The principle of the combined system is introduced first. Then the
anti-freezing process of using the IEC chiller is analysed in detail, the anti-freezing performance is
tested in winter air conditions and the results are shown. The performance of the IEC chiller using in
summer conditions is discussed as well, to show its advantage compared with common cooling
towers.
2.1.

Principle of the Combined System

The combined system of an IEC chiller and a common mechanical chiller is shown in Fig. 2. The
system is composed of an IEC chiller, a mechanical chiller and a plate heat exchanger. The cooling
water is produced by the IEC chiller and then is pumped to the plate heat exchanger (PHE) to transfer
heat with the cold water, after the PHE, the cooling water is pumped into the condenser of the
mechanical chiller to absorb heat, and finally is pumped back to the IEC chiller. In the IEC chiller,
the return cooling water of the system is first pumped into an air-water heat exchanger to transfer
heat with air, and then is pumped to the top of the padding tower for spraying. In the padding tower
of the IEC chiller, the heat and mass transfer process is carried out to produce output cooling water.
In the IEC chiller, the inlet air is first extracted into the air-water heat exchanger to transfer heat with
the return cooling water, and then is extracted into the padding tower to carry heat and mass transfer
with the spraying water and finally is exhausted out of the device. For the cold water system, the
return cold water from terminal air condition systems is first pumped into the PHE, and then is
pumped to the evaporator of the mechanical chiller to get the outlet cold water. There are two
switching valves in the cold water system, valve 1 and valve 2, as Fig. 2 shows. The two valves are
responsible for the two modes switching, cold water pumped into the PHE or not, which represents
using free cooling or not.
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(a) Principle of the system

(b) running mode in winter

Figure 2: The combined system of the IEC chiller and the mechanical chiller

In summer conditions, the IEC chiller is used to exhaust heat of condenser, valve is off and valve 2
is open. The function of the IEC chiller is just as the common cooling tower, only the cooling water
temperature is lower, as part 2.3 shows.
In winter conditions, the mechanical chiller is turned off, and valve 1 is open and valve 2 is off. Free
cooling mode is turned on. The IEC chiller is used as the cooling source of the system. The
produced cooling water is used to cool the cold water to the demanded temperature. The water
cycle is as Fig. 2 (b) shows. As the inlet air can be heated by the return cooling water through the
air-water heat exchanger, the anti-freezing of the cooling tower can be realized, as part 2.2 shows.
In transition seasons, if the output cooling water is lower than the return cold water temperature but
higher than the demanded supply cold water temperature, at this moment valve 1 is open and
valve 2 is closed, the IEC chiller and the mechanical chiller is combined to produce the demanded
outlet cold water.
2.2.

Anti-Freezing Performance of the IEC Chiller

In winter conditions, as Fig. 2(b) shows, as the temperature of the inlet air is low, always lower than
zero in very cold climates, and lower than the return cooling water, thus the inlet air is heated by the
return cooling water to the temperature higher than zero or even higher than 10℃ if the return
cooling water higher than 10℃. Then the heated air is directly contacted with the spaying water for
evaporative cooling processes in the padding tower, the freezing problem can be thoroughly solved.
On the other hand, the cooling water is cooled by the air-water heat exchanger and the padding
tower together, which can save the water consumption compared with common cooling towers. To
maintain the stable outlet cooling water temperature, the air fan frequency is adjusted along with
outdoor air conditions, which can ensure to avoid the freezing problem all over the winter.
A case under extreme cold outdoor conditions in winter is shown by Table 1 and Fig. 3.
Table 1. The air and water conditions in an extreme cold case

tO
℃
-40

tA
℃
13.8

ts,A
℃
2.5

tC
℃
11.0

twr
℃
14

twp
℃
11.1

two
℃
10

ma-w
0.23

Where to represents the inlet air temperature, tA represents the outlet air dry bulb temperature of airwater heat exchanger, tS,A represents the outlet air wet bulb temperature of air-water heat exchanger,
tC represents the exhaust air temperature of the padding tower, twr represents the return cooling
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water temperature, twp represents the outlet cooling water temperature of the air-water heat
exchanger, two represents the outlet cooling water temperature of the IEC chiller, ma-w represents the
air water mass flow rate ratio.

Figure 3: The process of an extreme cold condition in winter

From Table 1 and Fig. 3 we can see, even the inlet air temperature is low to -40℃, the inlet air can
be heated to 13.8℃, the wet bulb of inlet air of the padding tower can be higher than 0℃, which can
avoid the freezing of cooling tower thoroughly. Meanwhile, the water temperature in the air-water
heat exchanger varies between 14~11.1℃, which can avoid the freezing of water in the air-water
heat exchangers as well if the air-water heat exchanger is designed to be countercurrent or quasi
countercurrent heat transfer processes.
The anti-freezing performance was also tested in winter conditions for a real developed IEC chiller.
For the testing conditions, the cooling energy output was stable at 120kW, the inlet air dry bulb
temperature varied between -12~-15℃, the inlet wet bulb temperature varied between -13.4~-16.3℃,
the inlet dew point temperature varied between -23.1~-26.9℃. The testing results of a typical working
condition are shown in Fig. 4. The inlet air dry bulb temperature is at -14.4℃ and wet bulb at -16.0℃.
After the air-water heat exchanger, the air is heated to 12.8℃, the exhaust air is at about 10.0℃
and the relative humidity is at about 93.9%. The return cooling water is at about 14.6℃ and the
outlet water temperature of air-water heat exchanger is at about 11.7℃. The outlet cooling water
temperature maintained at about 9.7℃ with the fan frequency adjusted with the changing of inlet air
temperature. There were no freezing of water for the padding tower and the air-water heat exchanger.
The surface temperature of the air-water heat exchanger at the inlet air surface was tested, as Fig.
4 shows, the surface temperature was at 5~9.6℃ and no freezing of air-water heat exchanger.

(a) Air and water temperature

(b) surface temperature of air-water temperature

Figure 4: Testing performance of IEC chiller in winter conditions

2.3.

Performance of the IEC Chiller in Summer Season

For the IEC chiller used in summer seasons, as the outdoor air is high to 30~40℃, which is higher
than the outlet cooling water and even higher than the return cooling water of the system. Thus the
inlet air is cooled by the cooling water through the air-water heat exchanger, accordingly, the air wet
bulb temperature is decreased and then for the following air-water evaporative cooling processes,
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the outlet cooling water temperature can be reduced as well. When the IEC chiller process is
designed to the structure as Fig. 5(a) shows (Jiang and Xie, 2010), also called parallel structure as
the water pumped into the air-water heat exchanger and the user are of parallel relation, the ideal
outlet temperature of the IEC chiller can be near the inlet dew point temperature, as Fig. 5(b) shows.
The testing outlet temperature of a developed parallel IEC chiller is shown in Fig. 6 (Jiang and Xie,
2010), for a real developed IEC chiller, the outlet water temperature is lower than the inlet wet bulb
temperature and higher than the inlet dew point temperature, and more or less at the middle value
of dew point and wet bulb temperature. As the outlet temperature of the common cooling tower is
always 3~4℃ higher than the wet bulb temperature, the outlet cooling water temperature of the IEC
chiller is 6~9℃ lower than that of the common cooling towers. Thus the COP of the mechanical
chiller of the recommended system in this paper in summer would have a prominent increase
compared with common systems using common cooling towers.

Figure 5: The working principle of IEC chiller under summer conditions
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Figure 6: Testing performance of IEC chiller in summer conditions

3. CASE STUDY OF USING IEC CHILLER
To clearly show the whole year performance of the recommended system, a real case is given here
to compare the novel system with common systems, to show the advantage of the supposed system.
3.1.

Case Conditions and Comparison Systems

The case is for a data centre in Lanzhou of China. The quantity of heat production of the data centre
is 14.4 MW. The climate data of Lanzhou for a whole year is shown in Fig. 7. Two kinds of IEC chiller
combined mechanical chiller systems are discussed, as Fig. 8 shows, one is the serial structure of
IEC chiller, the other is the parallel structure of IEC chiller. The comparison systems are the two
recommended systems using IEC chillers, common water cooled system (that is mechanical chiller
with common cooling tower) and common air cooled system (that is air cooled mechanical chiller) .
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Figure 7: The climate data of Lazhou city

(a)serial structure

(b) parallel structure

Figure 8: Two systems of with different IEC chiller structures

3.2.

Comparison Results

As the demand cold water temperature of the data centre cooling system is one of the most important
factor to influence the electricity consumption of the whole system, the comparison results are given
for different cold water levels, as Fig. 9 and Fig. 10 show.
Fig. 9 gives the free-cooling hours of the discussed systems, and Table 2 gives the switching
conditions of free-cooling for different systems.
From Fig. 9, the free-cooling hours of all the systems are increased along with the increase of the
demanded cold water temperature, while for the recommended IEC chillers, the increase is the
largest. If the demanded supply/return cold water temperature is increased to 22/28 ℃ , the
mechanical chiller can be cancelled for IEC chiller systems, and free cooling can be realized all over
the year. Second, using the recommended IEC chiller system with parallel structure, the free cooling
hours is always 1000 hours longer than the common water-cooled chiller systems, and is 1000~2700
hours longer than the common air-cooled chiller systems. The higher the demanded cold water
temperature, the larger difference with the air cooled chiller systems.
Fig. 10 shows the electricity consumption of the compared systems. Using the recommended IEC
chiller systems, about 30~60% of electricity consumption is saved compared with common water
cooled chiller system, and about 50~80% of electricity consumption is saved compared with common
air cooled chiller system.
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Figure 9: Free cooling hours of the systems

Figure 10: Electricity consumption of the systems

Table 2. The switching condition of free cooling for different systems

Systems

12/18 ℃

14.5/20.5 ℃

1

tm≤3.0°C

tm≤7.0°C

2.

tm≤6.8°C

tm≤10.1°C

3

ts,O≤4.1°
C

ts,O≤7.6°C

4

tO≤7.9°C

tO≤10.2°C

17/23 ℃
tm≤
10.7°C
tm≤
13.4°C
ts,O≤
10.8°C
tO≤12.5°
C

19.5/25.5 ℃
tm≤14.0°C
tm≤16.3°C
ts,O≤14.1°
C
tO≤14.7°C

22/28 ℃
tm≤
17.3°C
tm≤
19.3°C
ts,O≤
17.2°C
tO≤
17.1°C

Where sytem1 represents IEC chiller with parallel structure combined with water cooled chiller system,
sytem2 represents IEC chiller with serial structure combined with water cooled chiller system, system 3
represents common water cooled chiller system, system 4 represents common air cooled chiller system.
Where tm represents the average temperature of outdoor wet bulb temperature and outdoor dew point
temperature, ts,O represents the outdoor wet bulb temperature, tO represents the outdoor dry bulb
temperature.

4. CONCLUSIONS
In this paper, a novel IEC chiller combined with mechanical chiller system is introduced to realize
anti-freezing of cooling tower in winter, and to decrease the output cooling water temperature in
summer conditions as well. The process structure of the recommended system is introduced. The
anti-freezing principle is discussed in detail. The main results are:
(1) For the anti-freezing performance of the IEC chiller, an extreme case is designed with outdoor
air temperature low to -40°C, the inlet air can be heated to 13.4°C by the air-water heat
exchanger for evaporative cooling processes, to avoid the freezing of cooling tower reliably.
(2) The anti-freezing performance is tested for a real device under outdoor air temperature at about
-16°C, the inlet air can be heated to12.8℃, and the surface of the air-water heat exchanger with
lowest temperature reached 5~9.6℃, the padding tower and the air-water heat exchanger can
both realize anti-freezing safely.
(3) For the performance of the IEC chiller in summer climates, the outlet water temperature can be
lower than outdoor wet bulb temperature, thus can be 6~9°C lower than that of common cooling
towers.
(4) From the case study, compared with common water cooled chiller systems, the free cooling
hours of the novel system is always 1000 hours longer and 30~60% of electricity consumption
can be saved; compared with common air cooled chiller systems, the free cooling hours of the
novel system is 1000~2700 hours longer and 50~80% of electricity consumption can be saved.
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The higher the demanded cold water temperature, the more above advantages of the
recommended IEC chiller system.
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NOMENCLATURE
t
m
Subscripts
O

temperature (°C)
air-water mass flow rate
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outdoor air

s
m
w

wet bulb temperature
Average of wet bulb and
dewpoint temperature
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REFERENCES
Gu, L.J., Zhou, F.Q., Meng, H., 2011. The study of China data centre energy consumption and
energy efficiency. Energy of China 32(11), 42-45.
Gong, Y.X, Lin C.F.,2013. Closed cooling towers used in data centre air conditioning systems.
Refrigeration and Air conditioning 13(8), 23-24.
Jiang, Y., Xie, X.Y., 2010. Theoretical and testing performance of an innovative indirect evaporative
chiller. Solar Energy 84(12), 2041-2055.
Jiang, Y., Xie, X.Y.,2009. The applications of indirect evaporative cooling technology in China
northwest regions. HVAC 39(9),1-4.
Jiang, X.R., Wang, W.M., Li, J.S., et al, 2010. Anti-freezing device for cooling tower, has
macromolecule shutter. China, CN101881573A.
Xie, X.Y.,2009. Research on Indirect evaporative cooling systems. Doctoral Thesis, Bejing: Tsinghua
Univeristy.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4168

Manuscript ID: 1721
DOI: 10.18462/iir.icr.2019.1721

Discrete modeling of fin-tube heat exchangers accounting for
cross-fin conduction
Omer SARFRAZ(a) *, Christian K. BACH(b), Craig R. BRADSHAW(c)
(a) (b) (c) Oklahoma

State University, Mechanical & Aerospace Engineering,
Stillwater, OK 74075, USA
(a) sarfraz@okstate.edu, (b) cbach@okstate.edu, (c) craig.bradshaw@okstate.edu

ABSTRACT
Heat exchanger coil models are a critical component for developing a predictive simulation platform
which allows for model-based design of new equipment. Most residential and commercial heating,
ventilation, and air-conditioning (HVAC) systems utilize fin-tube heat exchanger coils. Many of the
current state-of-the-art heat exchanger models do not include cross-fin conduction and struggle with
predictive accuracy of these coils under non-uniform flow and especially with large temperature
difference between adjacent tubes.
This paper presents a segment-by-segment model of a fin-tube heat exchanger that includes crossfin conduction between all adjacent tube segments through the fins (e.g. cross-fin conduction). The
physics of the model also accounts for both refrigerant and air phase transitions as well as the ability
to account for air and refrigerant maldistribution.
The model’s predictions are compared against experimental results collected on an industrial heat
exchanger test facility for an air-to-water heat exchanger. A preliminary set of results confirm that
cross-fin conduction accounts for large discrepancies in predicted coil performance, particularly with
large temperature differences in walls of adjacent tubes.
Keywords: Conduction, Finned Tube, Heat Exchanger, Modelling

1. INTRODUCTION
The vapor compression system is the most commonly used cooling system type in heating,
ventilation, and air-conditioning (HVAC) applications. The four basic components in a vapor
compression system are: two heat exchangers i.e. an evaporator and a condenser, a compressor,
and an expansion device. Air-to-refrigerant heat exchangers are most commonly used in vapor
compression systems. Fin-and-tube heat exchangers are most widely used in HVAC applications
because they are easily manufacturable and have reliable performance. The fin-and-tube heat
exchangers consist of tubes with extended outside area (fins) to enhance the heat transfer.
The computer simulation models to design heat exchangers have been developed and updated
continuously since the 1980s. Each new model adds more complexity to the calculation procedures
or covers increased range of refrigerants. The heat exchanger model has a substantial influence on
the overall accuracy and fidelity of vapor compression systems. The four main control volume based
modeling approaches for heat exchangers are: Lumped approach, moving boundary approach, tubeby-tube approach, and segment-by-segment approach. The overall fidelity and computational time
increases from lumped approach to segment-by-segment approach. Figure 1 shows the control
volume for different modeling approaches.
Cross-fin conduction is a heat exchange between adjacent tubes conducted through the connecting
fin sheets in a fin-and-tube heat exchanger and is an important phenomenon that substantially
affects the heat exchanger thermal performance. It will be shown that for maximum accuracy for the
highest fidelity models, this phenomenon needs be incorporated in the heat exchanger models,
particularly for part-load simulation. Figure 2 shows the cross-fin conduction between two tubes of a
fin-and-tube heat exchanger.
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Romero-Méndez et al. (1997) developed an analytical model for fin-and-tube heat exchanger to
investigate the cross-fin conduction. They found a capacity degradation of up to 20% due to
decrease in heat transfer as a result of cross-fin conduction.
Domanski et al. (2007) experimentally analysed the effect of cross-fin conduction on the heat
exchanger performance using 5 kW fin-and-tube heat exchanger. They found a capacity degradation
of 20% in slit fin-and-tube heat exchanger (heat exchanger with slit fins) compared to the slit split
(tube depth rows separated by fin cuts) heat exchanger for 16.7°C evaporator superheat.

Figure 1: Control volume for different modeling approaches (Sarfraz, 2018)

Figure 2: Cross-fin heat conduction phenomenon in a heat exchanger

Although cross-fin conduction is an important phenomenon affecting the heat exchanger
performance, only few models include it. One reason for this may be that including cross-fin
conduction substantially increases both the complexity and computational cost of the model. Crossfin conduction is more prominent in commercial multi-circuit heat exchangers due to no refrigerant
flow in the circuit(s) when the system operates at part load condition.

2. DETAILED SEGMENT-BY-SEGMENT HEAT EXCHANGER MODEL
The segment-by-segment solver is comprised of two sub-solvers. A segment solver (i.e. a low-level
solver) solves the heat exchanger segment and a coil solver (i.e. an upper-level solver) solves the
heat exchanger by connecting and solving the segments in the refrigerant flow direction.
2.1.

Segment Solver

A segment is a heat exchanger element obtained by dividing heat exchanger into small elements. A
segment includes a tube segment with associated fins as shown in Figure 3.
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Figure 3: A schematic representation of a fin-and-tube heat exchanger with a segment highlighted

Each segment is assumed to be of uniform properties and operating at steady-state with negligible
conduction along the axis of refrigerant flow. Therefore, the segment energy and mass balances can
be integrated into a one-dimensional, lumped element, thermal resistance network. The resistance
network can be used to characterize the interaction between each segment and the adjacent
segments in the heat exchanger. The resistance network for a segment with the cross-fin conduction
included is shown in Figure 4. It can be seen that the wall temperatures of all the tube segments in
the heat exchanger are needed for cross-fin conduction calculation. The calculation of wall
temperatures for all the tube segments adds another variable to iterate for, thereby, increasing the
overall computational time to solve a heat exchanger.

(a) No cross-fin conduction

(b) Including cross-fin conduction

Figure 4: Resistance network for a heat exchanger segment

The heat exchanger segment can be in evaporator or condenser mode based on the air and
refrigerant inlet temperatures. The different refrigerant inlet phases and phase change transitions in
a segment included in the model are shown in Figure 5. The refrigerant phase change transition in
a segment is found using a moving boundary approach (Sarfraz et al., 2018).
The heat transfer, in W, on the refrigerant, 𝑄̇𝑟𝑒𝑓 and airside, 𝑄̇𝑎𝑖𝑟 is calculated assuming each
segment is a uniform lump and applying a lumped analysis using Ɛ − 𝑁𝑇𝑈 method and are given by
Eq. (1) and Eq. (2),
𝑄̇𝑟𝑒𝑓 = 𝜀𝑟𝑒𝑓 𝑚̇𝑟𝑒𝑓 𝑐𝑝,𝑟𝑒𝑓 (𝑇𝑟𝑒𝑓,𝑖 − 𝑇𝑤 )

Eq. (1)

𝑄̇𝑎𝑖𝑟 = 𝜀𝑎𝑖𝑟 𝑚̇𝑎𝑖𝑟 𝑐𝑝,𝑎𝑖𝑟 (𝑇𝑎𝑖𝑟,𝑖 − 𝑇𝑤 ),

Eq. (2)

where 𝜀 is the effectiveness, 𝑚̇ is the mass flow rate in Kg.s-1, 𝑐𝑝 is the heat capacity in J.Kg-1.K-1,
and 𝑇𝑤 is the segment wall temperature in K. It is important to note that the effectiveness is a function
of the condition (single-phase or two-phase refrigerant) of the segment (per Figure 5) and uses an
appropriate analysis corresponding with this condition.
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(c) Evaporator

(d) Condenser

Figure 5: Different inlet phases and phase change transitions modelled in a heat exchanger segment.
Sub-cooled/Superheated/Two phase – “frac.” is the fraction of segment length that is subcooled/superheated/two phase.

The airside analysis includes the influence of latent effects through a humid air analysis. Each
segment is considered either fully dry or fully wet on the airside. If the air dew point temperature at
the inlet of the segment is below the wall temperature of the segment, segment is considered fully
dry else segment is considered fully wet. The dry segment analysis follows that presented in Harms
et al. (2003). The wet segment heat transfer analysis is performed using the dehumidification model
from Harms et al. (2003) and Braun (1989).
The calculation of cross-fin conduction, 𝑄̇𝑥𝑓𝑖𝑛 requires the following information:
 Conduction shape factor.
 Wall temperatures of neighboring segments of each tube segment in a heat exchanger.
 Distance of each tube from its neighboring tube.
A simplified conduction shape factor, 𝑆 for plain and wavy fins is given by Lee and Domanski (1997)
𝑡𝐷
as 𝑆 = , where 𝑡 is fin thickness in m, 𝐷 is the tube diameter in m, and 𝑑 is the distance of the tube
𝑑
from its neighboring tube in m. The cross-fin conduction in W, 𝑄̇𝑥𝑓𝑖𝑛 for N-neighboring tubes is
calculated by Eq. (3),
𝑁

𝑄̇𝑥𝑓𝑖𝑛 = 𝑡𝐾𝐷𝑁𝑓𝑖𝑛𝑠 ∑
𝑛=1

𝑇𝑤𝑛 − 𝑇𝑤0
𝑑𝑛

Eq. (3)

where 𝐾 is the thermal conductivity in W.m-2.K-1 , 𝑁𝑓𝑖𝑛𝑠 is the number of fins, 𝑇𝑤0 is the wall
temperature of the tube under consideration in K, 𝑇𝑤𝑛 is the wall temperature of neighboring tubes
in K, and 𝑑𝑛 is the distance of the tube from its neighboring tubes in m.
2.2.

Coil Solver

The coil solver is a generic algorithm that solves the entire coil by simultaneously solving all the
segments using refrigerant circuitry and neighboring tubes information.
The following information is needed in the coil solver:
 The refrigerant circuitry information, and
 Information on the neighboring tubes i.e. wall temperatures and distances.
The refrigerant circuitry information is provided by adopting the algorithm developed by Jiang et al.
(2006). This algorithm requires a user input of junction-tube connectivity matrix where junction is
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formed when two or more tubes are joined together. The connectivity matrix describes the location
relationship between tubes and junctions
It is assumed that only tubes immediately adjacent to the tube of interest (first-order neighbour)
contributes to the cross fin conduction phenomenon. This is because conduction between the tubes
through fins is inversely proportional to the distance between the tubes and it decreases with the
increase in the distance between the tubes (Bergman et al., 2011). Also, the second order neighbors
are partially obstructed by the direct (first order) neighbors. Therefore, adding second or third order
neighboring tube segments in the analysis will result in an increased complexity in overall solving
process that will result an increase in the overall computational time with little potential benefit in
overall model accuracy. The number of neighboring tubes varies from three to eight tubes for tubes
in in-line configuration. While for staggered-convergent or staggered-divergent tube configuration,
number of neighboring tubes can vary from two to six depending on the tube location.
Figure 6 shows the neighboring tubes for two different tube locations for different heat exchanger
configurations.

(a) Staggered-convergent tube
configuration

(b) Staggered-divergent tube
configuration

(c) Inline tube configuration

Figure 6: Neighboring tubes for two tube locations for different heat exchanger configurations

The coil solver is illustrated in the flow chart in Figure 7. The geometrical and operational parameters
are given as an input. The coil solver is comprised of two sub-solvers. The first sub-solver is a preconditioner and provides the guess values for wall temperatures of all the tube segments as well as
air temperature and humidity after each segment. The second sub-solver is the main solver that uses
the guess values provided by the pre-conditioner to calculate the heat exchangers performance.

Figure 7: Flow chart for coil solver

2.3.

Results and Discussions

The air-to-water coil shown in Figure 8 was tested in an industrial experimental facility. The coil is
comprised of two systems (water flow rate can be independently controlled for each system): system
1 and system 2. System 1 consists of 13 circuits while system 2 has 12 circuits. The geometrical
parameters of the coil are listed in Table 1.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4173

The coil was operated in simulated heating
mode using a coil calorimeter. The
experimental design allowed the two
systems to operate independently so that
one system could be “active”, meaning
water is flowing through the system circuit
while the second is “inactive” with no water
flow. The coil was operated with either 1 or
2 systems “active”. The experimental data
was provided by Kolekar (personal
communication, September 11, 2017). The
data contained the air and refrigerant side
capacities with the associated experimental
uncertainties. The experimental uncertainty
is the combination of standard (related to
instrument) and random (related to variation
in experimental data) uncertainty.
Table 1: Geometrical parameters of airto-water coil

No. of rows
No. of tubes per row
No. of water systems
No. of tubes per circuit
No. of circuits in system 1
No. of circuits in system 2
Tube outer diameter
Tube spacing
Tube length
Fin type
Fin thickness
Fins spacing
Fin projected length
Fin pattern depth

4
25
2
4
13
12
0.00953 m
0.0254×
0.0219 m
0.762 m
Wavy fins
1.14×10-4 m
1.57×10-3 m
5.41×10-3 m
2.17×10-3 m

Figure 8: Air-to-water coil

The operational parameters for the case where air is heated is by the water are listed in Table 2.
Table 2: Operational parameters

Tube fluid
Water inlet temperature
Air inlet temperature
Water mass flow rate
Air velocity at coil face

Water
321.85 K
294.25 K
0.625 kg/s
0.49 to 2.93 m/s

2.3.1. Both systems active
The model is first compared against the experimental data with both the systems active for different
air velocities. Figure 9 shows the comparison of the detailed segment-by-segment model with the
experimental data with and without the consideration of cross-fin conduction for different air
velocities. The maximum absolute difference in heat transfer of model from the experiment when
cross-fin conduction is considered is within 7.5% while it is greater than 10% when cross-fin
conduction is not considered.
The absolute difference in heat transfer between the model with and without cross-fin conduction is
within 7% when both systems are active for different air velocities. Overall, the model with no cross
fin-conduction has a bias to underpredict the capacity, and the addition of cross fin conduction to the
model reduces that bias.
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(a) Comparison of total heat transfer

(b) Difference in heat transfer relative to
experimental data

Figure 9: Comparison of model with and without cross-fin conduction with experimental data for
different air velocities, both systems active

2.3.2. System 2 active and system 1 inactive
Figure 10 shows the comparison of the model with the experimental data with and without accounting
for the cross-fin conduction with only one system active for different air velocities.
The maximum absolute difference in overall heat transfer of the model from experimental data is
within 9% when cross-fin conduction is considered in comparison to greater than 25% when crossfin conduction is not considered.
The increased percentage difference in heat transfer from experimental data for the model with no
cross-fin consideration is due to the increased difference in wall temperatures between the
neighboring tubes e.g. an absolute difference of greater than 15 K (in comparison to 9 K when both
systems were active) for an air velocity of 2.93 m/s. The increased difference in wall temperatures
is due to the flow of water in active system tubes while there is no water flow in the inactive system
tubes. Overall, the model with no cross fin-conduction has an increased bias to underpredict the
capacity when one system is inactive. However, the addition of cross fin conduction to the model
reduces that amount of underprediction.
The results show that neglecting the cross-fin conduction particularly when system(s) of a heat
exchanger is/are inactive can result in less accurate prediction of overall heat exchanger capacity.

(a) Comparison of total heat transfer

(b) Difference in heat transfer relative to
experimental data

Figure 10: Comparison of model with and without cross-fin conduction with experimental data for
different air velocities, system 2 active
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3. CONCLUSIONS
This paper presents the development of a detailed segment-by-segment model with cross-fin
conduction functionality. The model is compared against experimental data of air-to-water coil with
and without consideration of cross-fin conduction for different air velocities. The effect of cross-fin
conduction on the overall heat transfer was found to be less than 10% of overall heat transfer, when
both the water systems were active. Cross-fin conduction becomes even more relevant i.e. maximum
difference of >20% of the overall heat transfer when one system was inactive. Overall, the model
with no cross fin-conduction has an increased bias to underpredict the capacity when one system is
inactive and addition of cross fin conduction to the model reduces that amount of bias.
Therefore, neglecting cross-fin conduction when heat exchanger system(s) is inactive will results in
less accurate prediction of overall coil capacity.
The maximum difference of 10% in capacity predicted by the model with cross-fin conduction
included relative to the experimental capacity might be due to simplifications, including
 Considering uniform air flow rate and air temperature and humidity at the coil face,
 Assuming same water flow rate at the inlet of each active circuit,
 Neglecting the effect of airside pressure drop, and
 Using simplified conduction shape factor in the model.
Future work includes validation with high fidelity refrigerant-to-air experimental data. This will allow
to isolate the effects of the above simplifications.
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ABSTRACT
Nowadays, further phase-down of HFC is expected to encourage the use of lower GWP refrigerants,
but the majority of the refrigerants with low GWP values tend to have high flammability and there
is a danger of explosion that may cause fire. In general, the occurrence of an ignition event of a
flammable refrigerant has much to do with the development of flammable cloud and the existence
of ignition sources such as static electricity and electric sparks. For risk assessment, therefore, it
is necessary to determine the volume and duration of flammable cloud following refrigerant leakage.
In this paper, CFD simulations was undertaken to evaluate the volume and duration of flammable
cloud generated by leaked refrigerant from an outdoor unit under several sets of given conditions.
The CFD results indicated flammable regions stagnated so long that ignition risks may be
intolerable under certain circumstances.
Keywords: Air Conditioner, Flammability, R290, R32, Refrigerant.

1. INTRODUCTION
In order to mitigate global warming, refrigerant replacement of R410A with R32 is in progress in
residential air conditioners and light commercial air conditioners in Japan. However, we will be
facing further reduction of GWP levels in response to the Kigali Amendment to the Montreal
protocol. One of the most extensively studied refrigerants is a highly flammable refrigerant R290.
Several researchers have assessed flammability risk of R290 residential air conditioners and
evaluated ignition frequency of leaked refrigerant for different charge sizes, different room
dimensions, and unit fan ON/OFF operation (Colbourne and Suen, 2018). In these studies,
however, outdoor units positioned at floor level are merely considered and there is no detail
description as to how leaked refrigerant will disperse under several installation conditions.
Considering these previous studies, the Japan Refrigeration and Air Conditioning Industry
Association (JRAIA) has been working on risk assessment of R290 residential air conditioners.
This paper addresses how flammable regions change in the event of leaks through CFD analysis
and sources of ignition around outdoor units.

2. CALCULATION METHOD OF IGNITION FREQUNECY
Ignition frequency was calculated based on the assumption that an ignition event occurs when a
flammable mixture and a source of ignition coexist at the same location at the same time. Assuming
that they are randomly positioned within a reference space and the size of the source of ignition is
negligibly small compared to that of the flammable cloud, the number of occurrence of the ignition
event per unit time under a set of conditions j can be expressed as Eq. (1).
𝑉f
𝑇f + 𝑇s 𝑛
𝑃j = 𝑃r × 𝑘j × {
× [1 − (1 −
) ]}
𝑉ref
𝑇ref
j
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Where Pj is the ignition frequency per unit time, Pr is the refrigerant leakage frequency per unit time,
Vref is the reference volume, Tref is the reference time, Vf is the volume of flammable cloud, Tf is the
duration of flammable cloud, Ts is the duration of an ignition source, n is the typical number of
occurrences of the ignition source per unit time. In general, Vf changes with time, but time averaged
volume is used to simplify the calculation. Vref is the volume of the extent where leaked refrigerant
can travel. kj is the weighting factor of the condition j. kj varies depending on the number of persons
or objects with the same kind of ignition source, unit fan operation, installation conditions, and
weather conditions etc. Eq. (1) indicates that it is necessary to quantitatively evaluate the volume
and duration of flammable cloud when calculating ignition frequency.

3. CFD ANALYSIS OF REFRIGERANT LEAKAGE
3.1.

Installation Conditions of Outdoor Unit

Installing outdoor units on balconies in addition to installation in open space is common practice,
especially in high rise apartments, in Japan. In a balcony, an outdoor unit is placed on a floor, a
wall, or eaves with mounting brackets. Moreover a steel stand is sometimes used for installing two
outdoor units. In Japan, a balcony usually has a fence and partitions which can block the line of
sight adequately. The fence has sometimes openings. Also, there are also sometimes gaps under
the fence and the partitions. However, there are some cases where three sides of a balcony can
be seen as wall with no gap under itself or no openings. In such a situation, the balcony is not in a
well-ventilated state and leaked refrigerant concentration is expected to be relatively high. Fig. 1
shows three installation conditions that were considered in this study. The first is floor mounted.
The second is steel stand mounted. The third is eaves mounted. The typical outdoor unit with
cooling capacity of 4.0 kW was chosen as an outdoor unit. In addition to these installation conditions,
the effect of the unit fan operation or when there is a partition gap or natural wind were evaluated.

0.859

1.282

(b) Steel stand mounted

0.714

0.05

0.1
1.1

室
外
機

0.89

1.1

(a) Floor mounted

0.1

0.859

0.714

1.1

0.05

2.1

0.1

5
0.05

0.714

0.309

2.1

2.1

1.2

0.818

1.2
5

1.2

5

(c) Eaves mounted

Figure 1: Three installation conditions of outdoor unit in a balcony

3.2.

Analysis Models and Conditions

The leak rates for various refrigerant charge sizes of R290 are shown in Table 1. The refrigerant
charge sizes considered are 0.2 kg, 0.5 kg, and 1.0 kg. The charge size of 0.2 kg means the
maximum allowable charge stipulated by the IEC standards for the floor area of 7 m2. The charge
size of 0.5 kg is required charge amount to achieve drop-in replacement for a R32 residential air
conditioner. The 1.0 kg is charge amount corresponding to refrigerant charge boundary “m2”
stipulated by the IEC Standards. The refrigerant amount leaked was assumed to be equal to the
refrigerant amount charged. The leak rate for each charge size was taken as constant during
leakage. Only a vapour leak was considered and the leak was completed in 4 minutes. To simulate
the leak dispersion, commercial 3D CFD software “STREAM” was used. On the basis of Reynolds
number calculation, turbulent flow field analysis was carried out with the standard k-ε turbulence
model. In these calculations, R290 was assumed to leak uniformly from the air intake side of the
heat exchanger of the outdoor unit. In other words, uniform concentration and velocity profile were
given as inlet boundary conditions. Considering outdoor installation, outdoor wind environment was
also factored into leak dispersion simulations. Fig. 2 shows the CFD model. In this study, the floor
area of a balcony was set to 6 m2 and the height of the fence (front wall) was set to 1.1 m. It was
assumed that there was no drainage outlet. Also, no gaps under the walls and no openings in the
walls exist for default settings.
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Outdoor unit

Table 1. R290 leakage conditions

冷媒 Leakage amount
R290
Leak rate
冷媒漏えい速度
R290 density (25C)
125g/min
Leakage area
エアコン風量

Leakage concentration

1700m3/h（最小風量）

kg
kg∙s-1
kg∙m-3
m2
vol%

仕様

0.2
8.3×10-4

0.5
2.1×10-3
1.832
0.834
100

時間
（可燃域継続時間 4分）
4分後（冷媒漏えい終了）Figure 2:４分1秒後
CFD model of balcony

5秒

ベランダ_床置き
3.3.
Results

1.0
4.2×10-3
1.1 m

ベランダ_床置き

時間
（可燃域継続時間 4分）
4分後（冷媒漏えい終了）
４分1秒後

5秒

2.1 m

仕様

of CFD Analyses

冷媒

3.3.1. Flammable
region for each installation
R290
Fig.
3
shows
CFD
results
for three different charge sizes in three installation conditions. The
冷媒漏えい速度
concentration
distribution,
the duration of flammable regions (the area where refrigerant
125g/min
concentration
is
between
the
lower flammability limit (LFL) and the upper flammability limit (UFL)),
エアコン風量
and
the time averaged flammable volume are shown. In each of the installation conditions, the
2800m3/h（冷房定格）
duration of the flammable region became longer as the charge amount increased. For each of the
three charge sizes, the duration of the flammable region became longer as the installation height
became lower. The duration of the flammable region reached as long as 3546 sec for the condition
that the outdoor unit with 1.0 kg charge was installed on the floor. Leaked refrigerant from an
outdoor unit installed in a high place entrains air, accelarates due to gravity force against buoyancy
effect, and spreads while falling toward the floor. As a result, the concentration of refrigerant at the
floor level becomes thinner. For this reason, when the outdoor unit with 0.2 kg charge was installed
on the eaves (at the height of 1.282 m from the floor), the duration of the flammable region was
approximately one third of that of the case where it was installed on the floor. However, increased
charge amount tends to lessen that effect. On the other hand, the time averaged flammable volume
for the installation on the floor with the 1.0 kg charge was smaller than that with the 0.5 kg charge.
This was because the UFL volume, which means the volume of space where refrigerant
concentration is UFL or higher, increased. This UFL volume increase was also
seen in the condition where the outdoor unit was installed on the steel stand.
Installation
Condition
Floor
mounted

Leakage Amount
Time
Concentration
distribution
Duration
Averaged volume

Steel stand
mounted

776 sec
1.22 m3

1900 sec
2.96 m3

3546 sec
2.73 m3

292 sec
0.20 m3

1206 sec
2.83 m3

2126 sec
3.87 m3

260 sec
0.05 m3

939 sec
2.47 m3

1711 sec
3.73 m3

Concentration
distribution
Duration
Averaged volume

Eaves
mounted

*Note: White colour indicates the area with UFL or more
0.2 kg
0.5 kg
1.0 kg
240 sec
600 sec 240 sec 600 sec 240 sec 600 sec

Concentration
distribution
Duration
Averaged volume

Figure 3: Concentration distribution, the duration and time averaged volume of flammable region
within the balcony for different installation conditions
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3.3.2. Generation of the flammable region during unit fan operation
Leak dispersion is considerably affected by airflow generated by the outdoor unit fan. CFD analysis
was made for the air flow volume rate of 0.472 m3∙s-1, which is the minimum value of the outdoor
unit fan. As a result, the flammable region was not generated for the charge size of 0.5 kg. For the
charge size of 1.0 kg, a tiny size of flammable region was generated only during the leakage, and
the flammable region disappeared immediately after the leak ended. These results indicate airflow
by an outdoor unit fan is effective at preventing the generation of flammable cloud. Therefore, we
took the operation time of a residential air conditioner into consideration in carrying out risk
assessment.

Leakage amount
0.2
kg

0.5
kg

1.0
kg

Concentration
distribution

Balcony 1

418 sec
0.51 m3

175 sec
0.01 m3

0 sec
0 m3

701 sec
1.32 m3

582 sec
0.71 m3

269 sec
0.07 m3

1211 sec
2.16 m3

1132 sec
2.32 m3

1059 sec
2.20 m3

240
sec

Duration
Averaged volume
Concentration
distribution

*Note: White colour indicates the area with UFL or more
Balcony 2
Balcony 3

240
sec

Duration
Averaged volume
Concentration
distribution

2.1 m

1.1 m

3.3.3. Effect of gap under the partition plate
Outdoor unit
Fig. 4 shows the construction of a typical balcony
Partition plate
of high rise apartments in Japan. The balcony
has usually a partition on each of its two sides. It
can be kicked down in an emergency to secure
an evacuation route. It has also a gap under itself
and leaked refrigerant from an outdoor unit flows
into the adjacent balcony (balcony 2). Also, as
the adjacent balcony has also partitions, the
leaked refrigerant flows into its adjacent balcony
Gap
(1.2m×0.1m)
(balcony 3). In this study, all the gaps were set
to 0.1 m, which is a typical value from the our
Figure 4: The construction of a typical balcony
survey results in Japan. Fig. 5 shows CFD
results for three different charge sizes. The
concentration distribution, the duration of the flammable regions, and the time averaged flammable
volume are shown. The duration of the flammable regions and the time averaged flammable volume
within the balcony 1, where the outdoor unit was installed, decreased for all of the charge sizes
considered. The duration of the flammable region for 1.0 kg charge size is 1211 sec, which is about
1/3 of the case where there is no gap. Although a small size of flammable region was generated in
the next balcony and no flammable region was generated in the next to the next balcony for the
0.2 kg charge, flammable regions were generated in the next balcony for
the charge sizes of 0.5 kg and 1.0 kg.

240
sec

Duration
Averaged volume

Figure 5: Concentration distribution, the duration and time averaged volume of flammable regions
within each balcony with partition plates
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Time [h]

500
Tokyo
3.3.4. Effect of natural wind
Sapporo
450
Kurume
CFD simulations have been ususally carried out in a
Sakai
400
Kashiwazaki
quiescent room in the case of a refrigerant leak from an
Aomori
350
indoor unit despite the occurrence of infiltration due to
Sendai
Osaka
300
outdoor wind enviroment. This implies wind velocity is set
Toyonaka
-1
to 0 m∙sec . In our CFD simulations for the balcony,
Naha
250
Hakata
therefore, zero wind velocity was adopted as the default
200
Hachioji
Fuchu
value. But leaked refrigerant would be stirred by natural
150
Fukuoka
wind entering the balcony. Fig. 6 shows the appearance
Toyohashi
100
Nerima
time lengths of wind speeds in 16 major cities in Japan.
50
There are some differences between cities, but wind
0
velocity of 1.0 m∙sec-1 to 2.0 m∙sec-1 appears frequently.
0
1
2
3
4
5
6
7
8
9 10 11
These data produces a 0.5 % probability that windless
Wind verocity [m s-1]
weather will occur. Therefore, CFD analyses were
Figure 6: The appearance time length of
carried out for the cases when natural wind blows
around
時間
（可燃域継続時間 4分）
each wind
velocity in 16 cities in Japan
仕様
the outdoor
unit. Fig. 7 shows
model of a
5秒 the CFD 4分後（冷媒漏えい終了）
４分1秒後
balcony in side wind. Wind velocity was set to 0.1 m∙s-1,
ベランダ_床置き
Outdoor unit
0.3 m∙s-1, and 0.5 m∙s-1. Fig. 8 shows the CFD results for
three different wind speeds for the 0.5 kg charge. The
冷媒
Wind
duration of theR290
flammable region and the time averaged
flammable volume decrease with increasing wind speed.
冷媒漏えい速度
In the case
of 0.5 m∙s-1, the duration of its flammable
125g/min
region became about 1/5 compared with the result in no
エアコン風量
wind, and its flammable volume became about 1/2.
1700m3/h（最小風量）
Factoring these results into risk assessment, decreased
時間
（可燃域継続時間 4分）
仕様
total ignition
frequency by a factor
100.
Figure 7: The４分1秒後
CFD model of a balcony
5秒 of approximately
4分後（冷媒漏えい終了）

2.1m

1.1m

∙

with side wind

ベランダ_床置き

0.1 m∙sec-1

*Note: White colour indicates
the area with UFL or more
-1
0.3 m∙sec
0.5 m∙sec-1

926 sec
2.75 m3

496 sec
2.06 m3

冷媒
R290
Wind velocity
0.0
冷媒漏えい速度
125g/min
240
エアコン風量

m∙sec-1

2800m3/h（冷房定格）
Concen- sec

tration
distribution

Duration
Volume

600
sec
1900 sec
2.96 m3

391 sec
1.39 m3

Figure 8: The influence of wind velocity on duration and time averaged volume of flammable
regions within the balcony (Leakage amount: 0.5 kg)

3.3.5. Effect of the analysis model
The standard k-ε turbulence model is based on fully developed isotropic turbulent flow. In the
turbulent flow, refrigerant diffusion due to concentration gradients arises in a different manner from
laminar diffusion. In general, turbulent diffusion coefficients are much larger than laminar ones. If
the flow within a balcony is not this type of turbulent one, leaked refrigerant may really diffuse
slower than the CFD results. There is a possibility that the transition from turbulent flow to laminar
flow might occur sometime after the completion of leakage. For comparison, therefore, we carried
out CFD simulations using the laminar model for leakage from the outdoor unit with 0.5 kg charge
which was installed on the floor in the windless weather. In this simulation, the balcony has no gap.
The result indicated that the flammable region remained for as long as 60740 sec (16 hr. 52 min.
20 sec.), which means the duration of the flammable region increased by a factor of 30 in
comparison with the case of the turbulence model (1900 sec). The real duration will fall somewhere
in between the two values and leak dispersion tests are needed.
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4. IGNITION SOURCES
Table 2 shows the typical duration of the state where each ignition source is active per occurrence,
and the typical height of the location of each ignition source. Smoking by users, open flames of
gas/oil water heaters, and electric sparks associated with the other air conditioners were
considered an ignition source. Electrostatic discharge is listed as an ignition source in the EN11271 and the IEC60079-32-1. They point out that users must always consider electrostatic ignition
risks. People experience electrostatic discharge shocks when wearing/taking off clothes, or
touching a metal door knob. Electrostatic discharge may occur even in outdoor environment, when
a person on whom electrostatic charge has built up touches a conductive object. The frequency of
these behaviours, however, is considered significantly small. For cigarettes, some past risk
assessments were carried out based on the fact that the smouldering can’t ignite a flammable
mixture, but the lighting pieces can be considered a source of ignition (Colbourne and Suen, 2016).
The previous study in Japan, (Nakayama et al., 2016), however, shows that cigarettes per se do
not ignite a flammable mixture. Therefore, there remain a possibility that the lighting might ignite a
flammable mixture. For gas/oil water heaters, open flames within such equipment may not be
considered an ignition source, because their blowing fans are operating before ignition. Also, there
is a literature reporting that an outdoor unit located in a flammable mixture caused no ignition. We
need to give further consideration to sources of ignition. We have a plan to investigate them in
corporation with academic institutions.
Table 2. The typical duration and the typical location height of each ignition source

Name

Ignition sources

Duration TS (sec)

Height hS (m)

Smoking by users
Gas/oil water heater
(stationary type)
Outdoor unit of AC
Static electricity

Open flame

4.5×10

 0.172

Open flame

3.0×102

 0.06

Electric spark
Electrostatic spark

5.0×10-3
5.0×10-6

 0.714
-

1

5. CONCLUSIONS
The sizes and duration of flammable cloud are necessary for risk assessment of a R290 outdoor
unit and they were determined through CFD analysis for various conditions including weather
conditions etc. The results are as follows.
(1) Flammable regions stagnated so long that ignition risks may be intolerable when three
conditions come into alignment. The three conditions are that three sides of a balcony can be
seen as a wall with no gaps under itself or openings, that windless weather occurs, and that
the outdoor unit is installed on the floor.
(2) Larger charge sizes didn’t always lead to larger sizes of flammable regions. This was due to
the fact that refrigerant concentration exceeds UFL.
(3) Gaps under partitions reduced the sizes and the duration of the flammable regions within the
balcony where the outdoor unit was installed. In contrast to this, flammable regions were
generated in the next balconies.
(4) The outdoor unit fan operation helped to reduce the sizes of flammable regions greatly. Natural
wind with wind speeds of more than 0.5 m∙s-1 also reduced them, which may reduce the ignition
frequency by a factor of approximately 100.
(5) Ignition source candidates were listed for outdoor units installed on a balcony. There is mixed
information with regard to ignition sources, and It is necessary to further investigate whether
these ignition source candidates can really ignite leaked refrigerant.
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NOMENCLATURE
Pj
Vref
Vf
Ts
kj

ignition frequency per unit time
reference volume (m3)
volume of flammable cloud (m3)
duration of ignition source (sec)
weighting factor

Pr
Tref
Tf
n
hs

refrigerant leakage frequency per unit time
reference time (sec)
duration of flammable cloud (sec)
occurrence frequency of ignition source
height of the location of ignition source (m)
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ABSTRACT
Ground-coupled heat pump (GCHP) systems often require antifreeze in the circulating water in
locations with significant heating seasons, such as Northern China. In this study, the effects of
antifreeze in the circulating water on operation performance of ground heat exchangers (GHEs) was
investigated. A theoretical model was derived to analyze the antifreeze effect. Then the model was
validated by an experimental system. Based on the effects of antifreeze solution on heat transfer
performance and friction loss, the correction factor of flowrate and friction loss are given. In addition,
the design method for GHEs in cold regions are also discussed.
Keywords: Ground Heat Exchanger, Antifreeze, Correction Factor, RC Model.

1. INTRODUCTION
Ground heat exchangers (GHEs) are applied to transfer heat to/from the ground in ground-coupled
heat pump (GCHP) systems. Heat can be extracted from the ground of relatively higher temperature,
and then be sent into the conditioned space by supplying heat pumps in winter. Therefore, GCHP
technology can offer higher energy efficiency for air-conditioning than conventional air-conditioning
systems (Self et al., 2013). A number of investigations have been conducted on the operation
performance of GCHP systems. Healy and Ugursal (1997) investigated the effect of various system
parameters on GCHP performance using a computer model. Hepbasli et al. (2003) reported the
performance evaluation of a vertical GCHP system in the heating mode. Pulat et al. (2009)
investigated the performance of the horizontal GCHP system including the effect of leaving
temperature of GHE unit and outdoor temperature for winter climatic condition.
In winter, GCHP systems operate under the heating mode. In order to prevent the circulating water
below freezing, aqueous solution of ethylene glycol is usually required as the antifreeze solution. Its
chief attributes are its ability to efficiently lower the freezing point of water, its low volatility, and its
relatively low corrosively when properly inhibited. The physical properties of the antifreeze solution
are different from those of water, which could affect the conventional design of piping systems.
Some researchers have carried out theoretical or experimental studies on the addition of antifreeze
to heat exchange equipment. İnallı and Esen (2004) observed that the increasing of the mass flow
rate of the antifreeze solution increased the electric power required to run the heat pump and
consequently decreased the coefficient of performance (COP) of the system. Casasso and Sethi
(2014) observed that the antifreeze and its concentration heavily influenced the energy performance
of GCHPs, in particular the borehole resistance and the power consumed by auxiliary plants.
Moreover, Tang and Nowamooz (2019) showed that working fluids influenced differently the COP of
heat pump due to their different physical properties.
So far, researches on antifreeze lacked relevant experimental data, and most of them focused on
heat exchangers in the refrigerator rather than GHE (Bakirci, 2010). And in general, the selection of
the circulation pump is based on the friction loss, but equipment manufacturers rarely provide
correction factors when piping systems adopt the antifreeze solution.
This paper presents an analysis of operation performance of a vertical GHE, which used antifreeze
solution as working fluid for heating modes. An experimental system was constructed and tested,
theoretical analysis was also performed. The heat exchange rate and friction loss of the GHE were
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determined from experimental and theoretical results. Results derived from theoretical methods
agreed well with the experimental results. The influence of antifreeze solution on operation
performance of the GHE were examined and correction factors were given accordingly.

2. THEORY
In the existing models of GHEs, numerical models lead to extensive computation time and a
substantial effort in terms of pre-processing work (Congedo et al., 2012). On the contrary, analytical
models offer simple, parameter input-based modeling and cost short computation time. But they
usually disregard transient effects of heat and mass transport in the borehole and hence are not
suitable for the prediction of short-time behavior (Lamarche and Beauchamp, 2007). Twodimensional thermal resistance and capacity (RC) model has advantages of rapid and accurate
calculation compared with analytical and numerical models (Bauer et al., 2011). The soil outside the
borehole can be divided into several layers by several regions, and the thermal capacity of the soil
outside the borehole and grouting material are both considered (Tu et al., 2017). Heat balance
method is applied on each temperature node to simulate heat transfer process of GHEs. A module
for freezing soil is added, in order to study the heat transfer characteristics of GHEs in cold climate
regions. The effective heat capacity method takes latent heat as a large heat capacity in a small
temperature range (Kim et al., 2008). It is assumed that the thermal conductivity and specific heat
follow Eq. (1) and (2) within a temperature range of Tm-∆T≤Tm≤Tm+∆T:
lfr
(T < Tm - DT )
ì
ïï
l - lfr
(Tm - DT ≤T ≤Tm + DT )
l = ílfr + (T - Tm + DT ) ufr
2 DT
ï
(T > Tm + DT )
lufr
ïî

Eq. (1)

Cfr
ì
ï
r
ï
ï H × W Cufr + Cfr
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+
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D
T
ï
ï
Cufr
ï
r
î

Eq. (2)

(T < Tm - DT )
(Tm - DT ≤T ≤Tm + DT )
(T > Tm + DT )

where lfr and lufr are the thermal conductivities of frozen and unfrozen material in W.m-1.K-1, Cfr and
Cufr are the volume heat capacity of frozen and unfrozen material in J.m-3.K-1. ∆T is a small
temperature range, which can be assumed as 0.5 K, H is the latent heat of the liquid in J.kg-1, W is
the moisture content of soil in %. r is the density in kg.m-3 and c is the specific heat of the material
in J.kg-1.K-1.
The viscosity and density of the antifreeze solution increase with its concentration, so that the friction
loss will increase at the same pipe diameter and flow rate. The power consumption for transporting
working fluid increase as a result. The friction loss per unit length can be calculated by Eq. (3).
-1.25

Dpm = 0.158 ´ r 0.75 ´ µ 0.25 ´ di

´ v1.75

Eq. (3)

Where ∆pm is the friction loss per unit length in Pa.m-1, μ is the viscosity in N.s.m-2, di is pipe inner
diameter in m, v is the velocity of working fluid in m.s-1.

3. MATERIALS AND METHODS
An experimental system was constructed and tested in Shanghai, China. As shown in Fig. 1, the
system consisted of an air-cooled refrigerator (outlet temperatures range from -15 to 10°C), a vertical
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single U-tube heat exchanger, a water tank with the volume of 3 m3, a chemical pump and a computer
to record data. The refrigerator could produce low-temperature fluid to simulate the inlet
temperatures of the GHE under extreme conditions in winter heating modes. Temperatures of inlet
and outlet fluids were measured by platinum resistance temperature sensors. Pressures of inlet and
outlet pipes were measured by pressure gages. Flow rate of the GHE was measured by a turbine
flow meter.
3

2

G

4

T

P

10

5

T

6

P

7

8

11

9

12

1

1-Borehole; 2-Turbine flowmeter; 3-Platinum resistance temperature sensor; 4-Pressure gage; 5-Valve; 6-Manifold;
7-Chemical pump; 8-Electric heating; 9-Water tank; 10-Water replenishing pipe; 11-Water drain pipe; 12-Refrigerator

Figure 1: Diagram of experimental system

Characteristics of the GHE were as below:
Pipe thermal conductivity, λp=0.6 W. m-1. K-1.
Pipe outer diameter, do=0.032 m.
Pipe inner diameter, di=0.025 m.
Borehole diameter, db=0.16 m.
Bore depth, L=100 m.
According to ASHRAE handbook(ASHRAE, 2017), physical properties for antifreeze solution are
listed in Table 1 to 4.
Table 1. Density of aqueous solutions of ethylene glycol

Concentrations in volume percent
Temperature, °C

5%

10%

15%

20%

25%

30%

-10

--

--

--

--

--

1054.31

-5

--

--

--

1036.85

1044.98

1053.11

0

1009.32

1018.73

1027.20

1035.67

1043.73

1051.78

5

1008.69

1017.57

1025.97

1034.36

1042.35

1050.33

10

1007.99

1016.28

1024.61

1032.94

1040.85

1048.76

Table 2. Specific heat of aqueous solutions of ethylene glycol

Concentrations in volume percent
Temperature, °C

5%

10%

15%

20%

25%

30%

-10

--

--

--

--

--

3560

-5

--

--

--

3757

3666

3574

0

4075

3937

3853

3769

3679

3589

5

4074

3946

3863

3780

3692

3603

10

4073

3954

3873

3792

3705

3617
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Table 3. Thermal conductivity of aqueous solutions of ethylene glycol

Concentrations in volume percent
Temperature, °C

5%

10%

15%

20%

25%

30%

-10

--

--

--

--

--

0.411

-5

--

--

--

0.458

0.438

0.417

0

0.532

0.512

0.489

0.466

0.445

0.423

5

0.541

0.520

0.496

0.472

0.451

0.429

10

0.551

0.528

0.504

0.479

0.457

0.435

Table 4. Viscosity of aqueous solutions of ethylene glycol

Concentrations in volume percent
Temperature, °C

5%

10%

15%

20%

25%

30%

-10

--

--

--

--

--

0.00619

-5

--

--

--

0.00365

0.00434

0.00503

0

0.00193

0.00208

0.00255

0.00302

0.00359

0.00415

5

0.00167

0.00179

0.00217

0.00254

0.00301

0.00348

10

0.00143

0.00156

0.00187

0.00218

0.00257

0.00295

The temperature of the tank was adjusted by the refrigeration. When the temperature of the tank
became stable, the pump was started to circulate the working fluid in the GHE. The data logger was
used to monitor the inlet and outlet fluids temperature and pressure. The refrigerator's outlet
temperature was continuously adjusted to achieve the stability of GHE’s inlet temperature. After the
ground temperature was measured to be stabilized, results were identified by the average of
recorded data in 2 hours.

4. RESULTS AND DISCUSSION
After adding the antifreeze, the physical properties of the working fluid are different from pure water,
which affect the heat transfer between the circulating fluid and the ground. At the same time, the
viscosity and density of the antifreeze solution increase with its concentration. The power
consumption for transporting working fluid increase consequently.
4.1.

Heat Transfer Performance

The heat exchange rate was calculated according to recorded temperatures of inlet and outlet fluids
and flow rate of the GHE in the experiment. On the other hand, the aforementioned RC model was
used to simulate the heat exchange rate under the same conditions as the experiment. Relative
errors between experimental and simulation results were within acceptable range of ±10%, as shown
in Table 5. Therefore, the subsequent research was performed by the simulation model.
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Table 5. Heat exchange rate of experiment and simulation

-

Inlet temperature t=10°C
Heat exchange rate per
unit length, W.m-1

Concentration
of antifreeze
solution

experimental

simulation

5%

26.0

27.3

10%

25.8

15%

25.7

Inlet temperature t=5°C

Relative
error

Heat exchange rate per
unit length, W.m-1

Relative
error

experimental

simulation

4.9%

43.8

42.1

-4.0%

27.1

4.9%

42.6

42.4

-0.5%

27.2

5.7%

39.8

42.1

5.6%

Degradation coefficient for heat transfer Dq

In this paper, the degradation coefficient for heat transfer Dq was defined as the ratio of the heat
exchange rate after adding the antifreeze to the heat exchange rate without antifreeze. Dq could
indicate the influence of antifreeze on the heat exchange performance of the GHE. The degradation
coefficient changed with the physical properties of antifreeze solution, and the physical properties of
antifreeze solution were affected by its concentration and temperature. Therefore, the degradation
coefficient can be related to the concentration of antifreeze solution at the same temperature. The
heat exchange rate of different inlet temperatures were simulated by the simulation model. GHE
parameters of the simulation model were the same as the experiment, and the physical properties
parameters of antifreeze were set according to Table 1 to 4. The degradation coefficients for heat
transfer Dq are shown in Fig. 2.

1.000

10℃
5℃
0℃

0.995
0.990
0.985
0.980
0.975
0.970

0

5

10

15

20

25

30

Volume concentration(%)

Figure 2: Degradation coefficients for heat transfer Dq

At the same concentration, the degradation coefficient for heat transfer increased with the inlet
temperature. At the same inlet temperature, the degradation coefficient for heat transfer changed
linearly with the concentration. For every 5% increase in concentration, the heat exchange rate
decreased by about 0.4%. Among the simulation results, the degradation of heat exchange rate was
the largest at inlet temperature of 0°C with the concentration of 30%, and the degradation coefficient
was 0.973.
Four physical properties of the heat transfer fluid were considered to affect the heat exchange rate
of GHEs, including density ρ, specific heat c, thermal conductivity λ and viscosity μ. They were
analyzed by the simulation model constructed above. The physical properties parameters were
determined by the temperature and concentration of antifreeze solution. The control variable method
was applied, in order to study the effect of single physical parameter. To be specific, one parameter
was determined separately according to the temperature and concentration of antifreeze solution,
and the rest parameters were set according to pure water at the same temperature. The simulation
results are shown in Fig. 3 to 5.
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Degradation coefficient for heat transfer Dq
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Figure 3: Influence of physical properties when inlet temperature t=10°C
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Figure 4: Influence of physical properties when inlet temperature t=5°C
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Figure 5: Influence of physical properties when inlet temperature t=0°C
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Results indicated that only change of the thermal conductivity λ or the viscosity μ would not affect
the heat exchange rate. It is because thermal conductivity λ and viscosity μ only affect the convective
heat transfer coefficient inside GHEs, which occupies a relatively small proportion of the total thermal
resistance (Bauer et al., 2011). The density ρ increased with the concentration of antifreeze solution.
However, the temperature difference between the inlet and outlet of the GHE decreased in the
simulation. Therefore, the degradation coefficients for heat transfer fluctuated at some points, but
most of them were greater than 1 and showed an upward trend. The specific heat c was the main
factor causing the decrease of heat exchange rate. As the concentration of antifreeze solution
increased, the specific heat c decreased as well as the ability to transfer heat.
From the above analysis, heat transfer capacity of working fluid with the same volume was
decreased after the addition of antifreeze. In general, the working fluid in GHEs should be
guaranteed in turbulent state (ASHRAE, 1995). However, the increase in viscosity caused the
decrease of Reynolds number. In comprehensive consideration, it is recommended to increase the
flow rate for preventing the degradation of heat exchange rate of GHEs. For the same heat exchange
rate at the same temperature difference, the correction factor of flow rate is shown in Table 6. The
flow rate is suggested to be corrected according to Table 6 to ensure that the heat exchange rate
meet the acquirement after the addition of antifreeze.
Table 6. Correction factors of flow rate

Concentration in volume percent

4.2.

Inlet temperature, °C

10%

15%

20%

25%

30%

-10

--

--

--

--

1.122

-5

--

--

1.081

1.100

1.119

0

1.050

1.064

1.079

1.097

1.116

5

1.049

1.063

1.077

1.095

1.113

Friction loss

Since there was a few valves and section changes in the pipelines of this experiment, the flow fitting
loss could be neglected. Pressure on the inlet and outlet pipes and flow rate were recorded by a data
logger, and friction loss per unit length was calculated at every measuring time. In addition, Eq. (3)
was used for theoretical calculation, and the friction loss per unit length was obtained under the same
conditions as the experiment (Table 7). The relative errors between the experimental and theoretical
results were within the acceptable range of ±10%, so the following study was carried out using Eq.
(3).
Table 7. Friction loss for experiment and theory

-

Inlet temperature t=10°C
Friction loss per unit
length, Pa.m-1

Concentration
of antifreeze
solution

experimental

theoretical

5%

144

150

10%

162

15%

164

Relative
error

Inlet temperature t=5°C
Friction loss per unit
length, Pa.m-1

Relative
error

experimental

theoretical

4.1%

145

153

5.4%

161

-0.6%

167

165

-1.2%

168

2.4%

168

174

3.5%

Eq. (3) indicated that friction loss per unit length was only related to the density and viscosity of the
working fluid when the pipe diameter and velocity remaining the same. The correction factors of
friction loss were calculated according to the physical property parameters of different concentrations
and temperatures of antifreeze solution, as shown in Table 8.
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Table 8. Correction factors of friction loss

Concentration in volume percent
Inlet temperature, °C

10%

15%

20%

25%

30%

-10

--

--

--

--

1.419

-5

--

--

1.228

1.290

1.346

0

1.053

1.115

1.170

1.229

1.282

5

1.014

1.069

1.120

1.175

1.226

Accordingly, after adding antifreeze to GHEs, in order to prevent the degradation of heat exchange
rate, the flow rate should be corrected. Then the corrected flow rate should be used to calculate the
friction loss. Finally, the friction loss after adding antifreeze could be obtained by multiplying the
correction factor given in Table 8. The corrected friction loss per unit length is the basis for pump
selection.

5. CONCLUSIONS
In this paper, the effects of adding antifreeze on the heat transfer and flow friction loss of GHEs were
studied. The results and discussion could provide a reference for GHEs design under lowtemperature conditions. The following conclusions could be drawn:
1) The heat exchange rate degradation of different concentrations and temperatures of antifreeze
solution was discussed. Higher concentration and lower inlet temperature caused greater
degradation of heat exchange rate.
2) Heat transfer capacity of working fluid with the same volume was decreased after the addition of
antifreeze. It is recommended to increase the flow rate by multiplying the given correction factor of
flow rate, in order to prevent the degradation of the heat exchange rate.
3) The corrected flow rate is suggested to be used to calculate the friction loss. Since the density
and viscosity of antifreeze solution are higher than those of pure water, the friction loss is suggested
to be corrected by multiplying the given correction factor of friction loss as well.
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NOMENCLATURE
Cufr

c
di
H
pm
t
W

volume heat capacity of frozen material
(J×m-3×K-1)
specific heat (J×kg-1×K-1)
pipe inner diameter (m)
latent heat (J×kg-1)
friction loss per unit length (Pa×m-1)
inlet temperature (°C)
moisture content (%)

λp

pipe thermal conductivity (W×m-1×K-1)

λufr

ρ

density (kg×m-3)

μ

Cfr

db
do
L
T
v
λfr

volume heat capacity of unfrozen material
(J×m-3×K-1)
borehole diameter (m)
pipe outer diameter (m)
bore depth (m)
temperature (K)
velocity (m×s-1)
thermal conductivity of frozen material
(W×m-1×K-1)
thermal conductivity of unfrozen material
(W×m-1×K-1)
viscosity (N×s×m-2)
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ABSTRACT  

A  dehumidifier  with  Polymer  electrolyte  membrane  (PEM),  consisting  of  five  layers  of  electrolyte,  is  
suitable  for  the  high-accuracy,  limited-space  humidity  control  for  food  storage,  pharmaceutical  and  
other  chemical  industries.  It  can  be  powered  by  low-voltage  electric  field  (~3V),  and  has  advantages  
such  as  ultra-compact  (a  few  cm3),  fast  response,  no  drainage  and  no  moving  parts.  In  this  study,  
the   system   performance   of   dehumidifying   moist   air   below   0   °C   with   this   innovation   PEM   is  
investigated   experimentally,   with   our   self-built   test   rig.   At   a   sub-zero   temperature   of   -5.5°C,   the  
moisture  removal  rate  increases  almost  proportionally  with  the  increase  in  applied  voltages  at  the  
range  of  2~4V,  which  provides  practical  potentials  for  accurate  controlling  the  novel  dehumidifier  by  
varying   the   voltages.   When   the   voltage   increases,   the   dehumidification   efficiency   also   increased.  
Therefore,   the   new   approach   of   dehumidifying   moist   air   with   PEM   element   can   be   a   promising  
alternative   for   small-scale,   high-requirement   dehumidification   under   low   temperature   for  
refrigerators.  
  
Keywords:   Air   Dehumidification,   Proton   Exchange   Membrane,   Sub-zero,   Experiments,   Energy  
Efficiency.    

1.   INTRODUCTION    

In  beverage  and  food  storage,  pharmaceutical  and  several  other  chemical  industries,  dehumidifying  
moist  air  at  low  temperature  is  usually  required,  which  the  common  refrigerator  temperature  range  
is   about   -10~10   °C.   And   the   operation   space   is   very   limited,   requiring   an   ultra-compact   handling  
method.  More  specifically,  there  exist  cases  that  demand  a  sub-zero  dew  point,  even  up  to  -40  °C.  
Condensing-based  dehumidifiers  have  been  widely  used  in  industrial  and  commercial  applications.  
However,  it  is  limited  by  freezing  phenomenon  occurring  when  the  dew  point  at  0  °C.  In  addition,  the  
presence   of   liquid   water   generated   during   condensation   can   damage   food   and   pharmaceutical  
systems.  Desiccant  absorption  is  capable  of  handling  the  low-temperature  air,  but  it  usually  has  a  
big  volume  and  large  thermal  inertia.  Furthermore,  thermal  energy  (around  60  to  260°C)  is  required  
to  regenerate  the  desiccant,  which  limits  its  applications.    
  
Electrolytic  dehumidification  with  proton  exchange  membrane  (PEM)  is  an  innovative  independent  
humidity   control   technology.   It   was   firstly   proposed   by   Iwahara   et   al.   (2000),   by   using   the   solid  
electrolyte  material  SrCeO  ceramics  for  dehumidification  and  verifying  its  feasibility  under  DC  voltage.  
Sakuma  et  al.  (2009,  2010)  proved  its  possibility  at  room  temperature  (20~40°C),  and  developed  an  
empirical  formula.  Previous  research  of  our  research  group  found  that  under  3V  electric  field,  the  
outlet  humidity  of  air  flow  could  reduce  from  90%  to  30%  (Qi,  et  al.,  2017,  2018).  And  the  energy  
efficiency   of   moisture   removal   was   2.0~3.0×10-2g/(J·m2),   which   was   competitive   with   other  
dehumidification   methods,   i.e.   2.0  ×  10−2  g/(J·m2)   for   electro-osmotic   dehumidification   (Yan   et   al.  
2012)  and  2.4  ×  10−2  g/(J·m2)  for  thermoelectric  dehumidification  (Shen  et  al.  2016).    Furthermore,  it  
is  ultra-compact  without  any  cooling/regeneration  devices,  which  the  volume  could  be  as  small  as  a  
few  cm3,  as  shown  in  Fig.1.  
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Fig.  1.  Façade  of  an  air  dehumidifier  based  on  PEM  
  
Literature  review  indicated  that  the  novel  air  dehumidifier  with  PEM  could  drive  the  moisture  transport  
directly  by  the  electric  field  rather  than  the  difference  of  temperature  or  water  vapor  partial  pressure,  
which  means  that  it  has  potential  to  be  operated  efficiently  under  low  temperature  situations.  In  this  
paper,  with  our  self-developed  test  rig,  the  performance  of  PEM-based  electrolytic  dehumidification  
was   investigated   experimentally   under   various   operating   conditions,   under   a   low-temperature  
environment.    
  
2.   METHODS  
2.1.  
Experimental  rig  
A  PEM-based  electrolytic  experimental  rig  was   established.  The  PEM  assembly  is  composed  of  a  
PEM   in   the   middle,   a   porous   Pt   cathode   and   an   IrO2   anode   catalytic   layers   composed   of   metal  
particles,   and   carbon   fiber   paper   as   a   diffusion   layer   on   both   sides.   The   air   channel,   with   the  
thickness  of  2mm,  is  assembled  on  the  outermost  side.  When  a  DC  voltage  is  applied,  the  following  
reactions  occur.    
  
+  
-1
  
  (1)  
Anode:                                                              H2O→  2H +2e +  0.5O2  
+  
-1    
  
(2)  
Cathode:                                                        2H +2e +0.5O2→  H2O  
  
  
  
At  the  anode  side,  water  vapor  in  the  air  is  decomposed,  producing  H+  protons.  The  H+  protons  are  
driven  toward  the  cathode  side  through  the  PEM  and  react  with  oxygen  to  form  water  at  the  cathode  
side.  The  vapor  generated  at  cathode  side  is  taken  away  by  the  gas.  This  completes  the  transport  
of  moisture  from  the  anode-side  air  to  the  cathode-side  air,  as  shown  in  Fig.  2.    
  

  
Fig.  2.  Working  principal  of  the  dehumidification  based  on  PEM    

  
The  schematic  diagram  of  the  test  rig  is  shown  in  Fig.  3,  which  is  similar  to  the  test  rig  developed  in  
our  previous  study  (Qi.  et  al.  2017).  The  differences  are  that  1)  the  air  was  pre-cooled  to  reach  the  
required  sub-zero  temperature;;  2)  the  whole  system  was  placed  in  a  constant  temperature&  humidity  
chamber,  to  maintain  the  required  low  temperature  situation.    
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Fig.3.  Schematic  of  the  test  rig  

  
The  inlet  and  outlet  temperature  and  humidity  was  recorded  by  electronic  sensors,  with  the  errors  of  
±1°C  and  ±3%RH,  respectively.  The  operating  voltage  and  current  were  recorded  by  the  multi-meter,  
with  the  measurement  error  of  ±2mV.  The  experimental  procedures  were  as  follows.  1)  The  air  pump,  
pre-cooler  and  humidifier  were  adjusted  according  to  the  set  value,  and  was  opened  1  hour  before  
the   experiment   to   let   the   air   reach   the   steady   condition;;   2)   The   chamber   was   set   at   a   sub-zero  
temperature,  1  hour  before  the  experiment;;  3)  The  DC  power  was  opened  and  adjusted  to  the  set  
value;;  4)  After  the  device  reached  a  steady  state,  the  operational  data  were  recorded  by  the  Agilent  
data  logger  every  5  seconds.    
  
2.2.  
Performance  index  
During  the  experiments,  the  moisture  removal  rate  of  the  electrolyte  membrane  could  be  calculated  
by  Eq.  (3).  The  dehumidification  efficiency  could  be  calculated  by  Eq.  (4).    
Several  performance  indexes  for  evaluating  the  system  performance  were  defined  as  follows.  
  
Moisture  removal  rate  (g/s):                                          mremoval  =  maA(⍵aA,out+⍵aA,in)                Eq.  (1)  
Current  density  (mA/cm2)  :                                                                                 i = I / A               
Eq.  (2)  
area

Dehumidification  efficiency  (g/(h·V·m )):                                    
2

Energy  efficiency(-):                                                

V

= mremoval / (V × Aarea )                Eq.  (3)  

ηenergy=  ϒ×mremoval/(P×Aarea)                 Eq.  (4)  

  
where  m  is  mass  flow  rate,  ω  is  moisture  content,  Aarea  is  membrane  area,  P  is    power,  A  is  anode,  
η  is  energy  efficiency  and  a  is  air.  ϒ  is  the  latent  heat  of  vaporization  of  water  vapor.  The  subscripts  
“in”  and  “out”  stands  for  the  inlet  and  outlet  parameters.  
  

3.   RESULTS  

  
During  the  experiments  under  refrigerator  temperatures,  the  operation  conditions  of  experiments  are  
summarized  in  Table  1.    
  
Table  1.  Operation  conditions  of  PEM  dehumidification  

  

Electric  
Field  (V)  
2,3,4  

Air  inlet  of  Anode  side  
ma  (g/s)  
t  (°C)  
RH  (%)  
0.0218  
-5.5  
60±2  

Air  inlet  of  Cathode  side  
ma  (g/s)  
t  (°C)  
RH  (%)  
0.0219  
-5.5  
58±5  
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The  time-series  parameters,  including  the  current,  moisture  removal  rate  (Eq.  (1)),  dehumidification  
efficiency  (Eq.  (3))  and  energy  efficiency  (Eq.  (4)),  under  various  voltages  during  dehumidification  
processes  are  summarized  in  Fig.  4  and  5.  As  shown  in  Fig.  4(a),  with  the  increase  in  applied  electric  
field,  the  moisture  removal  rate  increases  almost  proportionally.  It  provides  practical  potentials  for  
accurate  controlling  the  novel  air  dehumidifier  by  varying  applied  voltages.  Besides,  in  Fig.  4(a),  the  
startup  time  of  the  dehumidification  based  on  the  PEM,  which  is  the  time  to  reach  the  steady  state,  
is  about  4  to  12  minutes.  This  startup  time  is  obviously  shorter  at  higher  applied  voltages,  which  the  
time  under  4V  is  3  times  that  under  2V,  possibly  due  to  the  more  intense  chemical  reactions  under  
high  applied  voltages.    
  

(a)

(b)

Fig.  4  Time-series  parameters  under  various  voltages  (a)  Current  and  (b)  Moisture  removal  rate  
  
However,   in   Fig.   4   (b),   the   operating   current   during   dehumidification   decreases,   rather   than  
increases,   with   the   increase   in   the   electrical   field.   These   results   are   confusing,   and   also   different  
from  the  current  data  in  our  previous  study  at  room  temperature  (Qi.  et  al.  2017).  Possibly  reason  is  
that  a  startup  voltage,  around  1.5V,  is  required  for  the  electrolysis  of  water  vapor  at  the  anode  side.  
Thus,   under   a   low   electric   field   such   as   2V,   the   vapor   decomposition   occurs   ineffectively,   which  
means  that  the  main  overpotential  of  PEM  element  is  the  Ohmic  effect.  However,  at  higher  voltages  
such  as  3V  and  4V,  the  activation  overpotential  plays  the  most  significant  role,  which  is  several  times  
higher  than  the  Ohmic  effect.  Thus,  at  the  low-voltage  conditions,  though  the  operating  current  is  
high,  the  dehumidification  rate  is  actually  lower  compared  to  those  at  high-voltage  conditions.  This  
phenomenon  is  more  obvious  at  low  air  temperature  conditions,  which  will  be  further  investigated  in  
our  future  work.  
  
Then,  the  energy  efficiency  and  dehumidification  efficiency  during  dehumidification  are  shown  in  Fig.  
5.  It  could  be  found  that  generally,  the  increase  of  voltage  results  in  an  increase  of  both  efficiencies.  
The  dehumidification  efficiency  is  around  4~5g/(h·V·m2)  during  our  experiments.  Thus,  if  this  novel  
dehumidification  element  is  practically  applied,  it  could  remove  0.7g  moisture  one  day  under  a  3V  
voltage,  for  a  4×4cm2  PEM  element.  It  is  competitive  with  the  commercial  PEM-based  element,  which  
is  1g/per  day  at  the  room  temperature.  Furthermore,  in  Fig.  5(b),  it  could  be  found  that  the  energy  
efficiency  is  relatively  low,  which  may  be  caused  by  the  small  PEM  area  (3.5×3.5cm2)  used  in  our  
experiments.  
  
(a)

(b)
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Fig.  5  Time-series  parameters  under  various  voltages  (a)  Dehumidification  efficiency  and  (b)  
Energy  efficiency  

4.   CONCLUSIONS  

  
A  dehumidifier  with  Polymer  electrolyte  membrane  (PEM),  consisting  of  five  layers  of  electrolyte,  is  
suitable  for  the  high-accuracy,  limited-space  humidity  control  for  food  storage,  pharmaceutical  and  
other  chemical  industries.  It  can  be  powered  by  low-voltage  electric  field  (~3V),  and  has  advantages  
such  as  ultra-compact  (a  few  cm3),  fast  response,  no  drainage  and  no  moving  parts.As  the  moisture  
transport  is  driven  by  the  electric  field  rather  than  the  difference  of  temperature  or  water  vapor  partial  
pressure,  it  has  potential  to  be  operated  efficiently  under  low  temperature  even  sub-zero  situations.  
In   this   paper,   with   our   self-developed   test   rig,   the   performance   of   PEM-based   electrolytic  
dehumidification  was  investigated  experimentally  under  various  operating  conditions,  under  a  low-
temperature  environment.  Results  showed  that  at  an  operation  temperature  of  -5.5°C,  the  moisture  
removal  rate  increases  almost  proportionally  with  the  increase  in  applied  voltages  at  the  range  of  
2~4V,  which  provides  practical  potentials  for  accurate  controlling  the  novel  dehumidifier  by  varying  
the  voltages.  Furthermore,  the  dehumidification  efficiency  also  increased  with  the  voltage,  which  is  
competitive   compared   with   the   commercial   element   under   room   temperature.   Therefore,   the   new  
approach   of   dehumidifying   moist   air   with   PEM   element   can   be   a   promising   alternative   for   small-
scale,  high-requirement  dehumidification  under  low  temperature  for  refrigerators.  
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ABSTRACT
A novel prefabricated radiant cooling panel with air layer which has uniform surface temperature
distribution is proposed in order to improve the performance of radiant cooling ceiling. The purpose
of this study is to research the influence of the thickness of air layer and chilled inlet water
temperature on the surface temperature and cooling capacity of this panel using numerical
simulation. A simplified mathematical heat transfer model using CFD technology is developed for the
numerical simulation of fluid-flow and heat transfer inside the 3-D radiant panel. The simulation
results of prefabricated radiant panel are in good agreement with the value of experimental results.
The simulated results demonstrated that the novel prefabricated radiant ceiling cooling panel has
the potential of condensation control due to natural convection in the air layer. Cooling capacity of
ceiling panel decreases with increase of air layer thickness and supply water temperature.
Keywords: Prefabricated Radiant Cooling Panel, Numerical Simulation, Surface Temperature
Distribution, Cooling Capacity.

1. INTRODUCTION
Prefabricated construction, as novel mode of building construction, is being vigorously promoted
recently. The radiant ceiling cooling system is applied in the prefabricated construction for its thermal
comfort, improved energy efficiency and reduced building energy consumption. A radiant cooling
system can be defined as a high temperature cooling system, which has higher efficiency for total
chilling system compared with low temperature system.The vertical temperature gradient in the room
of radiant cooling system has achieved more uniform than that of conventional air-conditioning (Yasin
et al., 2015). Besides, the results of energy consumption calculation show that the radiant system is
more efficient than all-air systems (Lin et al., 2015).
However, it is inevitable that the condensation problem on the radiant panel surfaces is found to
hinder the extensive application of radiant cooling in hot and humid areas (Baisong et al., 2016;
Haida et al., 2017; Rabanillo-Herrero et al., 2018). The general radiant ceiling panels are faced with
serious condensation problems because the minimum surface temperature of panel surfaces is
easily lower than indoor dew point temperature (Moon Keun and Hansjürg, 2014). In order to avoid
condensation risk, the panel is required to increase chilled water temperature to raise minimum
temperature of panel surfaces. Thus, cooling capacity of panels is not sufficient to meet requirements
of indoor thermal comfort. On the other hand, to prevent condensation risk and solve the problem of
limited cooling capacity, we would use a dehumidification system to remove indoor partial sensible
load and all latent heat load. Melanie Fauchoux et al. (2010) built the simulation model of a new panel.
The results illustrated that this panel can transfer heat and remove indoor moisture moderating indoor
humidity. Radia Eldeeb et al. (2013) developed a novel heat and moisture transfer panel which could
control the relative humidity and reduce the total energy consumption. Moon Keun Kim et al. (2018)
studied a radiant cooling system in series with a decentralized air convector. The results showed
that this radiant system has potential of dehumidification of indoor air and increasing temperature of
panel surfaces. Jungmin et al. (2014) investigated the possibility of a coupling outdoor air cooling
with radiant floor cooling by a simulation method. It's indicated that the proposed system can save
more than 20% of cooling energy in during the hot and humid climate. Haida et al. (2016) proposed
a mathematical model for obtaining the departure duration of the droplet, which was verified by
measured results.
Typically, the pipes inside the metal radiant cooling panel are closely connected to the metal ceiling.
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Therefore, the lowest temperature of the metal ceiling is about the same as the temperature of chilled
inlet water in the tubes (Kang and Xiaohua, 2014). Moreover, the radiant ceiling cooling system types
like the pipes in the concrete or capillary have the disadvantage of post-maintenance difficulties if the
tubes of panels occur leakage. In addition, these radiant systems need some form of air treatment
system to keep the indoor air dry enough and decrease indoor air temperature. Research on
avoiding condensation problem and improving the uniformity of panel surfaces mainly focused on
the increasing chilled water temperature and ventilation systems (Esmail M et al., 2014; Angelo et
al., 2014). Little research has been found on internal structure of the radiant cooling panel for
preventing condensation.
This paper presents the performance of a prefabricated radiant cooling panel with straight tube and
air layer as it potentially has three key advantages: higher quality, simple operation and better flexibility.
In addition,the existence of air layer is found to improve the uniformity of surface temperature on the
radiant ceiling panel (Baisong et al., 2016). The radiant cooling panels with uniform surface
temperature have higher cooling capacity, when minimum surface temperature is higher than indoor
dew point temperature (Baisong et al., 2016). The main purpose of this study is to investigate influence
of supply water temperature and thickness of air layer on surface temperature and cooling capacity.
The heat-transfer process of liquid-solid coupling and gas-solid coupling are realized by numerical
simulation method. The uniformity of prefabricated radiant cooling panel with air layer and the
potential for resistance to condensation have been evaluated.

2. METHODOLOGY
2.1. Physical Model
The structure of prefabricated radiant cooling panel with air layer is shown in Fig.1. Half of copper
tube is exposed in the air layer and half of that is embedded in the insulation layer. The copper tubes
are not in close contact with metal ceilings (called aluminium plate). The heat transfer inside this panel
is through radiation, convection and conduction. The material properties used in the prefabricated
radiant cooling ceiling are summarized in Table 1.

Figure 1: Three-dimensional decomposition drawing

Fig. 2. shows heat transfer between aluminum plate surface and indoor thermal environment.
Heat transfer process of this panel from chilled water to room environment includes the four parts:
(1) Convective heat exchange between chilled water and inside surface of tubes.
(2) Heat conduction between external surface of pipes and aluminum sheet.
(3) Convective and radiation heat transfer occur within air layer affected by factors of aluminum
sheet, pipe outside surface and internal surface of aluminum plate.
(4) Heat transfer between panel surface and indoor thermal environment.
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Figure 2: Diagram on heat transfer mechanism of the panel
Table 1. Material properties of mathematical heat transfer model

Thermal conductivity
（W·m -1 K -1）
401
0.035
237
0.023
237

Structural layers
Copper pipes
Insulating layer
Aluminum sheet
Air layer
Aluminium plate

Thickness
（mm）
1.5
40
1.5
8-16
1.5

2.2. Theoretical Analysis
Due to complexity of heat transfer process, we simplify the model of heat transfer. The model
assumes that 1) the external aluminum sheet surface is treated as adiabatic because of wellinsulated insulation, 2) the external air has no effect on the air flow in the cavity due to well-sealed
enclosure, 3) the cooper tubes are considered as stabilized. Their physical property parameters are
not changed with temperature, 4) heat transfer in the panel is steady state. According to the
calculation results of Reynolds number, the state of flow in tubes is turbulent. The k - e model is set
to solve the turbulent flow in the core region.
2.3. Heat Transfer in Radiant Cooling System
The heat transfer between cooling panel surface and indoor thermal environment mainly includes
convection heat transfer of indoor air, radiative heat exchange between radiation surface and
enclosure structure. The total sensible heat flux ( qtotal ) of the panel can be expressed by the sum of
radiative heat fluxes ( qr ) and convective heat fluxes ( q c ). The equation is (Xing et al., 2010):

qtotal = qr + qc

Eq. (1)

[

qr = 5´10-8 (AUST + 273.15)4 - (T p + 273.15)4
qc = 2.13(Ta - Tp )Ta - Tp

]

0.31

Eq. (2)

Eq. (3)

where (Radia et al., 2013; Karadag, 2009):

hc = 2.13(Ta -T )0.31

Eq. (4)

p

where Ta is indoor temperature, Tp is mean panel surface temperature. According to the method of
mean radiative heat transfer in the radiation air-conditioning room based on ASHRAE Handbook,
the other interior surfaces in the room are assumed to be a surface except for ceiling cooling panel.
The temperature of the imaginary surface is area-weighted average uncooled temperature (AUST).
Through simultaneous calculation of equations (1-4), the convective heat transfer coefficient ( hc ) is
4.2 W·m -2·K-1 ,and then, the value 4.2W·m -2·K-1 of h
is used in numerical simulation.
c

3. VALIDATION OF THE MODELING SIMULATION
Experiments of the ceiling cooling system were carried out in a test chamber with stable environment in
June 2018. The dimensions of the internal chamber are 4.0 m (length)×3.8 m (width)×3.0 m (height).
The walls of experimental chamber were made of thick insulation layer embedded in steel with good
insulation performance. The radiant cooling system consists of cooled and heated source, pipeline
transportation and radiant ceiling panels. The top of panels was installed with 20-mm-thick thermal
insulation materials of cystosepiment with small thermal conductivity. The metal radiant panel had an
air layer thickness of 10 mm. Inner diameter of embedded pipes of PPR material was 4 mm. To test
metal panel surfaces temperature, there were 12 measuring points in the ceiling panel under different
supply chilled water parameter. The panel surface temperature was measured by infrared radiation
thermometer. The inlet and outlet temperature and the flow rate of the chilled water were measured
by temperature sensors and turbine flow meter, respectively.
25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4201

The results of numerical simulation and experiment are listed in Table 2. We can see that the relative
error of temperature distribution in the panel is within 10%, and the numerical results agreed well with
measured results. The parameters of supply water in the experiment are used as input boundary
conditions of numerical simulation. As shown in the Table, the maximum temperature difference
between the numerical and measured values is 1.4 ℃.
Equation(5) shows the errors between simulation and experiment. Relative error x is expressed
as:

x=

t m - te
´100%
te

Eq. (5)

Where t m is mean surface temperature of numerical simulation, te is mean measured surface temperature.
Table 2. Comparison of numerical and measured values under different supply water parameters

Experimental
condition

Inlet water
temperature
(℃)

Outlet water
temperature
(℃)

Water flow
rate(m 3·h-1)

Ceiling surface
temperature
Measured

Numerical

Relative
error
(%)

Case 1

15.0

15.7

0.376

23.5

23.6

0.4

Case 2
Case 3

14.5
16.3

15.8
17.3

0.301
0.320

22.8
23.1

23.7
24.5

3.9
6.1

Case 4

15.1

15.9

0.290

24.6

23.6

4.1

4. RESULTS AND DISCUSSIONS OF SIMULATION
4.1 Effect of the Air Layer Thickness on the Temperature and Cooling Capacity of Radiant
Cooling Panel

Fig.4 shows the temperature field of ceiling panels under two thickness of air layers. Distance of tube
spacing was 100 mm and length of the panel was 1200 mm. As shown in Fig.4, temperature
fluctuations mainly come from increasing thickness of air layer. This was because the increase of air
layer thickness would cause the enhancement of convective heat transfer. When thickness of air
layer reached 16 mm, the difference between average surface temperature of cooling ceiling panel
and chilled inlet water temperature was 4.2 ℃.

d = 14 mm

d = 16 mm

Figure 4: Temperature gradient of three-dimensional model

A linear negative correlation on the cooling capacity of ceiling panel with the increase of air layer
thickness is shown in Fig. 5. Q and T were the cooling capacity and mean surface temperature of
radiant cooling panel, respectively. When air layer thickness increased from 8 mm to 16 mm, the
decrement value of cooling capacity was about 16.7 W·m-2 at inlet water temperature of 14℃. The
air thickness layer has little influence on the average ceiling temperature when air layer thickness
was less than 12 mm.
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Figure 5: Influence of different air layer thickness
Figure 6: Temperature distribution on the
on performance of radiant cooling panel
surface of the novel radiant cooling panel
The temperature distribution of prefabricated ceiling radiant cooling panel with different air layer
thicknesses was presented in Fig. 6. A novel prefabricated radiant cooling panel with air layer inside
was of great significance on the uniformity of surface temperature distribution. It has been known that
large non-uniformity of surface temperature distribution would rise up the risk of condensation. It has
been found that the prefabricated ceiling radiant cooling panel with straight tubes has uniform
temperature distribution, which means enhancement of convective heat transfer is beneficial to
improve the uniformity of surface temperature. The maximum difference between the lowest surface
temperature and the average surface temperature was 0.08℃and the mean surface temperature was
17.7℃, when thickness of air layer was 8 mm. We also found that mean surface temperature of the panel
in 12 mm-thick air layer was 18.06 ℃，and the biggest surface temperature difference was 0.03 ℃.
The room air dew-point temperature was 17.8℃ on the condition of indoor air temperature of 26℃ and
relative humidity of 60%. Therefore, the radiant panel with air layer thickness of 8 mm had the
possibility risk of condensation due to the lowest surface temperature was lower than room air dewpoint temperature.

4.2 Effect of the Supply Water Temperature on the Temperature and Cooling Capacity of
Radiant Cooling Panel
The supply water temperature played an important effect on the surface temperature and cooling
capacity of the radiant cooling panel. As shown in Fig. 7, T1 was the lowest temperature and T2 was
the average surface temperature of the bottom surface of radiant panel. The lowest temperature
values were very close to the average temperature values of radiant panel with 12 mm-thick air layer.
When the supply water temperature increased from 14 ℃ to 18 ℃, the surface temperature would
increase, while the cooling capacity would decrease at water velocity of 0.6 ℃. Compared to the
water velocity of 1.2 m·s-1, the value of cooling capacity was reduced by 8.3 W·m -2. The lowest
surface temperature of radiant panel was 18.0 ℃ at the supply water temperature of 14 ℃,which is
higher than room air dew-point temperature(17.8℃).

Figure 7: Influence of different supply water temperature on performance of radiant cooling panel

4.3 Effect of the Air Layer Thickness on the Air Movement Inside Radiant Cooling Panel
The thickness of air layer also had the significance influence on velocity streamline diagram. Fig. 8.
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sealed air layer. Due to the effect of temperature difference inside air layer, colder air sinks and
hotter air rises. Then, air circumfluence in confined layer was emerged. The increase of air layer
thickness was expected to enhance convective heat transfer in ceiling air layer.

d = 12mm

d = 14mm

d = 16mm
Figure 8: Air velocity streamlined diagram in ceiling cooling panel on the conditions of air layer
thickness: 12 mm,14 mm and 16 mm

5. CONCLUSIONS
The numerical model of prefabricated ceiling radiant cooling panels with air layer was implemented
by CFD software and was validated by the experiment. A small radiant panel was chosen for the
simulation and experimental verification. The experimental error may come from the precision of
controlled instruments for the chilled water temperature and the water flow rate. Based on the
comprehensive analysis of simulation results, we can conclude that thickness of air layer and supply
water temperatures have an important influence on the heat transfer of radiant panel.
The natural convection in the air layer is beneficial to improve the uniformity of the surface
temperature distribution on the radiant cooling panel. The reason is that: the increasing air layer
thickness is expected to enhance convective heat exchange. Surface temperature of radiant cooling
panel decreases with the increase of air layer thickness and supply water temperature. Cooling
capacity has a negative correlation with air layer thickness and supply water temperature. Chilled
inlet water temperature has great influence on cooling capacity. When the thickness of air layer
increases from 8 mm to 16 mm, cooling capacity of radiant panel is decreased by 12.4%.
It has been found that the lowest surface temperature of cooling panels can be better controlled.
And the cooling capacity can be increased and uniform surface temperature distribution can be
obtained through improving the structure of radiant panels.
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qtotal

total heat flux (W×m -2)

qr

radiative heat flux (W×m-2)

qc

convective heat flux (W×m-2)

Ta
Tp

hc

indoor air temperature (℃)
mean panel surface temperature(℃)
convective heat transfer coefficient
(W×m-2×K)

AUST

area-weighted average uncooled
temperature (℃)
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ABSTRACT

This article evaluates the first adaptation of a CO2 supermarket unit as an integrated solution for
hotel applications. The system consists of a single unit for heating, ventilation, air-conditioning
(HVAC) and domestic hot water (DHW). The heat pump and chiller unit is installed in Northern
Europe and has a heating and cooling capacity of 280 and 75 kW, respectively. Included in the
thermal system is a 6 m3 DHW storage for peak load shaving. A dynamic model of the system is
developed in the Modelica programming language and the validity of the model is discussed. The
model behavior is similar to actual system performance. The operational benefits of applying fixedspeed compressors are evaluated through simulations. The results show that the overall efficiency
of the complete thermal system is improved by 3.8% when compared to using the current variable
speed drive (VSD) control strategy.
Keywords: CO2 heat pump and AC, combined heating and cooling systems, hot thermal energy
storage, hot tap water production

1. INTRODUCTION

The interest for environmentally friendly thermal energy systems is steadily growing within the Nordic
hotels sector and is becoming an important element in hotel branding (Lee et al. (2010),
Bohdanowicz (2005)). Energy for heating purposes is the greatest contributor to the overall energy
demand within the Nordic hotel sector. On an average basis, hotels in Norway require approximately
240 kWh/m2 per year, where the share of DHW demand is about 16 % of the total energy demand
(NVE, 2016). A study of water consumption in hotel chains in Europe show that 70 % of the hotel
facilities use 151–250 liter of water/guest-night (Bohdanowicz et al, 2007). The hot water
consumption follows a specified schedule depending on the occupancy and the daily activities
(showering) e.g. in the morning (from 6 to 8 a.m.) and the evening (from 7 to 9 p.m.), which generates
large consumption peaks (Deng et al. (2002), Standard Norway SN/TS 3031 (2016)). Very few
energy systems installed in Nordic hotels take actions to reduce the peak power demand that occur
following these time periods of large DHW consumption.
In order to satisfy future legislation and environmental goals, efficient and profitable energy systems
must be implemented to reduce the large energy demand and environmental footprint of the sector.
Integrated CO2 heat pump and chiller systems is a solution that meets these standards and can
cover all thermal needs of the hotel. CO2 is an environmentally friendly and natural refrigerant, which
has no ozone depleting potential (ODP) and a negligible global warming potential (GWP) compared
to synthetic refrigerants. It is widely available, inexpensive, and is neither toxic nor flammable. Due
to its temperature glide when operating in a transcritical cycle, CO2 as a refrigerant is excellent for
heating tap water and the technology for residential water heaters is well established (Zhang et al.,
2015). Currently, CO2 transcritical cycles with heat recovery are mainly applied within the
supermarket sector, where excess heat obtained from the gas cooling process is used for space
heating, air handling units (AHU) and DHW production (D'Agaro et al (2019), Hafner and Banasiak
(2016)).
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The first combined CO2 heat pump and chiller unit for hotels in cold climates was installed in Norway
in 2018 (Smitt et al, 2019). The system is equipped with 6 m3 integrated thermal energy storage to
reduce DHW consumption peaks. The buffer storage offers two important benefits as it supplies
extra hot water during peak hours and enables continuous production and accumulation of DHW,
which stabilizes the operation of the heat pump unit. There are generally large variations in the
heating demand of the hotel during the spring/fall season. The current accumulation strategy in these
instances is to charge for short periods, typically 6-8 hours, at high loads (~100 kW). When charging
the storage over a longer period, however, the heat load could be reduced by taking advantage of
the continuous accumulation that the storage provides. An alternative charging strategy is to
accumulate based on available compressor load when operating the compressor at optimum
conditions at fixed speed. Moreover, an on/off control of the compressors would reduce the
inefficiencies associated with VSD regulation. This paper investigates the operational influence of
using a fixed speed compressor compared to a VSD controlled device. System efficiencies are
evaluated according to the optimal compressor operation and continuous DHW accumulation.

2. SYSTEM DESCRIPTION

The hotel building was established close to Trondheim, Norway, in 1987. Until 2018, it has been
equipped with a heating system consisting of an electric boiler (for base load coverage) and an oil
boiler (to cover peak loads). Fig. 1 shows the CO2 heat pump and chiller unit, which provides the
hotel with space heating, DHW and AC cooling. The heating capacity of the system is 280 kW. The
heat pump design is based on a typical single-stage supermarket refrigeration unit equipped with
heat recovery. The CO2 unit is composed of four single-stage compressors arranged in parallel,
where one compressor is equipped with a VSD. The high pressure and load control of the heat pump
is based on feedback signals from the different thermal demands, such as hot tap water, heat
towards ventilation- and radiators circuits. The building side supplies these signals to the heat pump
controller, which optimizes the high-pressure level within specific constraints, such as the different
setpoint temperatures.
The CO2 heat pump is equipped with four 50 kW air/CO2-evaporators, at -15 ºC evaporation
temperature. In case of simultaneous cooling and heating demands, it is possible to recover heat
from a 75 kW chilled water heat exchanger (HX) for AC cooling. The combination of the chiller unit
and the heat pump is beneficial, as it reduces the overall operational cost for the hotel operators
while satisfying the heating and cooling demands. Heat is delivered to two secondary hydronic
circuits through the two gas coolers (GC1 and GC2) in series, where the appropriate temperature
adaptation to each secondary circuit is achieved by the CO2 temperature glide in the supercritical
region. The high temperature (HT) circuit is mainly used to reheat tap water through the reheat HX
by the use of the recovered high temperature heat from GC1. A radiator backup interface is also
installed in the HT circuit and acts as an interface between the two secondary circuits. The mid
temperature (MT) circuit provides heat primarily to ventilation heat exchanger batteries and a radiator
circuit. The remaining heat is used to elevate the tap water temperature from approximately 8 to 25℃
through the preheat HX. Next, the MT fluid is recirculated back to GC2. The CO2 temperature is
thereby further reduced and the efficiency of the cycle is considerably enhanced. For winter season
operations, it is possible to employ the defrost HX in the MT circuit for defrost of the air evaporators.
Hot tap water can be produced continuously in both preheat and reheat HXs when there is a need
for ventilation heating. An optimum sized water storage is a key factor for a high system efficiency,
as the working range in which the heat pump can operate in optimal conditions is larger. A hot water
buffer configuration is especially advantageous in hotel facilities since the DHW consumption curve
is characterized by enormous peaks during a few hours in the mornings and evenings. Yet, if DHW
is continuously generated, it can be stored for later usage in order to handle these peaks. The hot
water storage system consists of tanks in series with a storage capacity of 6 m3. During charging,
DHW is directed to the storage, where it moves through the series of tanks as the buffer is gradually
charged from right to left. Cold water is drawn from the last tank (no. 8) and is sent through the
heating process. The thermal storage is fully charged when the normally stratified tanks have a high
and uniform temperature throughout the buffer.
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Figure 1: Circuit diagram of CO2 unit with HVAC and DHW

3. SIMULATION MODEL

A model of the entire thermal system was created in the Modelica programming language. The
programming environment Dymola was used to simulate the quasi-dynamic system with variations
of 20 minutes intervals in the setpoint temperatures, heating and cooling loads and DHW usage. The
model was built using components from the thermodynamic library, TIL-Suite, developed by TLKThermo GmbH. TIL-Suite is an advanced library for transient simulations of fluid systems and is
especially applicable for heat transfer modelling purposes, i,e. heat pumps, refrigeration, cooling and
heating systems. Among the components that are included in the library are compressors, pumps,
valves and HXs. These can be connected in the oriented physical modeling interface, Dymola, to
construct complex models. Each physical element in the diagram structure represent a real physical
element in the system. When the component elements are connected in the model structure, the
mathematical equations in all components constitute the behavior of the model. All components used
in the simulation model of the heat pump and chiller system are specified according to manufacturer
description. Plate HXs are used for all heat exchange between the different internal circuits. The VDI
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heat transfer model in TIL-library (Martin, 2010) is used to describe the transfer properties of all
single-phase liquids in the system. The pressure losses are assumed to be quadratic and mass flow
dependent. Constant heat transfer coefficient of 3000 W.m-2.K-1 and 2500 W.m-2.K-1 are used for the
CO2-side of the gas coolers and evaporators, respectively. TIL-library correlations for quadratic
pressure drop in pipes describe the pressure losses in the fin-and-tube evaporators (Wagner, 2001).
TIL-Media library is applied for the simulation of the fluids used in the model, which includes
refrigerant CO2, water, glycol and dry air. External data for boundary conditions, heating and cooling
loads are imported to the model with the program TIL-FileReader. All external data inputs to the
model have the resolution of one hour. Dampening transitions are included to increase the stability
of the model by reducing rapid changes. The set of model equations are solved with the DASSL
algorithm.
3.1.
Boundary conditions and controlling
The control of the components in the model is achieved according to the specification given by the
manufactures of the CO2 heat pump and chiller unit. PI-controllers operate all the active components
in the model, such as compressors, pumps, fans and valves. Each component in the model is
controlled according to setpoints in the system. All the important parameters in the hotel thermal
system are measured and logged at irregular intervals. As the system is not operating in a controlled
environment, irregular data points may occur. A 72-hour period of system operation (3rd – 6th
November 2018) was chosen in order to validate the behavior of the Dymola model. This period was
selected as it best reflects the specified and typical behavior of the system. Fig. 2 shows the ambient
temperatures recorded at the hotel location during the correspondent period. The data was obtained
from the Norwegian Meteorology Institute Database. Hourly mean ambient temperatures are applied
as model input in evaporators and are used to define the setpoint temperatures of the hotel building
(Fig. 3). Curve fittings are applied to the building setpoints that are used in the model.

Figure 2: Ambient temperatures and model input

Figure 3: Hotel setpoint temperatures model fitting

The modeled requested compressor load is defined in Eq.(1), where the ratio is approximated based
on logged data from the system. The VSD compressor is controlled from a frequency of 30 to 70 Hz,
dependent on the required capacity. The three remaining compressors in the rack are controlled by
on/off switching. The requested capacity of the model will be increased in steps of 0.05 (5% of total
system capacity) if the required temperatures in the system are not reached. The displacement will
continue until the temperature setpoints in Fig. 3 are satisfied. A similar strategy is used to reduce
capacity should the ventilation supply temperature become considerably higher than the setpoint
temperature. The compressors are turned off during low load operations if the setpoints in the model
are satisfied.
Requested compressor load ratio =

0.24708(Q

+ Q
100

+ 1.0335)

+ state ∗ 0.16
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State in Eq.(1) is a variable that is assigned values from 0 to 2 based on the energy remaining in the
DHW storage. When the temperatures in the DHW storage becomes lower than a threshold, the
requested heating capacity of the thermal system is increased as state is no longer zero. Fig. 5
shows the simplified control logic used in the Dymola model to recreate the charging behavior in the
system. State 1 is triggered by the requirements described in path A. If the demand for DHW is
greater than what is supplied to the storage, more heat input is necessary. Path C is then activated
resulting in state 2. Path D is included as a temperature restricting of the fluid returning to GC2 (Tr
in fig. 1) to limit the CO2 gas cooler outlet temperature. Only when the storage is fully charged is path
B triggered and the system returns to normal operations. Fig. 5 shows the specific heat demands
applied to the model over the 72 hour period. The data are calculated based on logged power output
in the hotel thermal system, where the mean measured values per 20 minutes are used as input to
the model. Momentary power peaks and rapid changes are therefore not included. However, the
same sum amount of energy per 20 minutes is applied. No AC cooling demand occurred over this
time period.

Figure 4: Simplified charging strategy for the
DHW storage

Figure 5: Model heat input for ventilation,
radiators, DHW and defrost (hourly changes)

3.2.
Model validation
A model of the entire thermal system is simulated for a 72-hour period with the input values described
in the previous section. Fig. 6 shows the simulated and measured power input to the hot water
subsystem, where the area represents the heat input. These values are equivalent to DHW heat
input through the preheat and reheat HXs (see Fig. 1). The figure also displays the percentage
energy charge in the storage. 50 and 400 kW are used to define the range between 0-100%. Fig. 7
shows the heat power input to the thermal system through the two gas coolers. The hourly root mean
square deviation (RMSD) is 37.1 and 39.0 for the simulated values in Fig. 6 and Fig. 7, respectively.
This would be considered high errors were the goal of the model to predict the exact system point
values. However, the model behavior is similar to the actual system trends as the heat input (area)
occurs at approximately the same time over the period. This is also reflected in the storage energy
as chagrining and discharging are cooccurring during the period. A certain delay is observed in the
simulated data, which has a large influence on the RMSD values. As the data is investigated over a
long time interval, external factors might influence the system behavior. The largest deviation
between the simulated and measured data is the magnitude of the power. As it can be seen in Fig.
6 and Fig. 7, the simulated data does not achieve the high power peaks that is observed in the
measured data. The underprediction of power input could be explained by model simplification, i.e.
neglecting heat losses. This behavior is of little consequence as it is undesirable, and can be
explained by the interval length mean values used as model input (Fig. 5). A reduction of the interval
would be a possible solution that would decrease the power error. However, the important aspect of
the simulation results is that the model is able to fulfill all demand inputs during the period. In addition,
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all minimum setpoint temperatures are satisfied during active model operation. The model responds
similarly during the same occurrences, i.e. when there is demand for charging the DHW storage and
during the low load operations.

Figure 6: Storage charge, power and heat
to the DHW system

Figure 7: Power and heat to the thermal
system through the gas coolers

Eq.(2) defines the energy efficiency of the system over the period as total amount of heat supplied
to the thermal system divided by the sum of all power inputs. Table 1 lists the measured and
simulated energy efficiency to be comparable. This is indicates that experimental and numerical
results are in a good agreement. This is further confirmed when considering the total heat
accumulations over the period. Table 1 depicts accumulated heat deviations between the numerical
and experimental data of 5.1% (DHW subsystem, Fig.6) and 4.7% (entire thermal system, Fig.7).
Table 1: Measured and simulated produced heat and efficiencies
Parameter
Values
Period (72 h)
Measured
4079
Total DHW heat input [kWh]
Simulated
4285
% Error
5.1
Measured
8041
8418
Total thermal system heat input [kWh]
Simulated
4.7
% Error
Measured
2.94
Mean energy efficiency
2.92
Simulated

Energy efficiency (E. E. ) =

∑

+
+∑

+ ∑

Eq. (2)

3.3.
Alternative DHW accumulation and compressor control
Constant frequency of 50 Hz is applied to all compressors in the model and the control strategy of
the system is modified in order to investigate possible operational benefits. The DHW storage is
charged with available heat when the compressors are operating in optimum conditions. The
requested capacity is defined by Eq.(1). However, state is zero at all times. The compressors will
operate with the same off-conditions at low loads when setpoints are satisfied. If the setpoints
temperatures in the system are not satisfied, a second compressor will be activated. This will also
be the case if condition A (Fig. 4) is satisfied. If this is still not sufficient to charge the storage, a third
compressor will be switched on as condition C is satisfied. Similar as the behavior presented in Fig.
4, the number of compressors activated by the storage is reduced to normal when the storage is fully
charged, during which the number of active compressors again is defined by Eq.(1).
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4. SIMULATION RESULTS AND DISCUSSION

A fixed-speed compressor control strategy is applied to the model and simulations are conducted for
a 72-hour period. No additional model modifications are made. Setpoints, boundary conditions and
input values are as stated in section 3.1. Fig. 8 shows the power and heat (area) to the DHW
subsystem and the instantaneous energy charge (%) in the storage. Fig. 9 shows the power and
heat to the entire thermal system. It is observed from both figures that the heat area and peak power
values are reduced compared to the simulations with VSD regulation. The desired model behavior
of heat recovery over a longer period at lower intensity is achieved. The buffer is charged over a
longer period by using available load in the compressors. The storage capacity is higher for longer
periods due to continuous DHW accumulation. The total heat energy accumulated over the period
is 4275 kWh and 8420 kWh for the fixed-speed compressor case in Fig. 8 and Fig. 9, respectively.
This is a slight increase compared to results from the simulation with VSD, which confirms that the
fixed-compressor operational strategy is a functional alternative to VSD-regulation. All thermal
demands are fulfilled and all minimum temperature setpoints are satisfied during the operating time
of the system.

Figure 8: Storage charge, power and heat to the
DHW system with fixed-speed compressors

Figure 9: Power and heat to the thermal system
through the gas coolers with fixed-speed
compressors

The mean energy efficiency of the entire thermal system is 3.03 for the period, which is a 3.8%
increase in relation to the reference validation case (E.E. = 2.92) with VSD controlled compressors.
For both simulations, only three of the four compressors in the rack are activated during the 72hours. However, the maximum compressor motor power input is reduced with 22.6 kW (from 99.2
kW to 76.6 kW) in the fixed-speed investigation. The overall energy input to the compressors are
reduced from 2726 kWh to 2601 kWh, which is a difference of 125 kWh or about 4.6% for the entire
period. A 108 kWh or 3.6% reduction in work energy input to the complete thermal system is
achieved (from 3034 kWh to 2926 kWh) in relation to the VSD regulation results. The energy
consumption of the entire thermal system is thus reduced whilst there is an increase in total heat
output. The operating time of the compressors are increased from 91% to 94% or with about 3 hours
over the interval. Heat recovery from the AC chiller unit is normally limited, as heating and cooling
demands are generally not synchronized. However, fixed-speed compressor control allows for DHW
accumulation over longer periods. A larger amount of heat could therefore potentially be recovered
from the AC ice water as the operating period is increased. Combined heat pump and chiller mode
is not investigated in this paper, as a cooling demand is not recorded in the selected time interval.
This investigation only reveals the benefits of fixed-speed compressors for periods with similar
system operation and behavior. A broader selection of operational scenarios should therefore be
investigated to fully reveal the potential benefits of fixed-speed compressor control in systems with
thermal storage.
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5. CONCLUSIONS

This work investigates the operational strategy and design of the first CO2 heat pump and chiller unit
installed in a Nordic hotel. A dynamic simulation model of the entire thermal system is constructed
with the Modelica programming language. A 72-hour period of system operation is selected to
validate the model behavior. Variations with 20 minute intervals in the ambient temperatures,
setpoint temperatures, heating and cooling loads and DHW usage are applied to the model. The
simulation results show high RMSD values, which are mainly caused by mismatch due to delay in
model behavior. The model responds similarly to the system during events, which is the
consequential aspect of the model validation. All demands and all minimum setpoint temperatures
are satisfied with 4.7% error in total heat energy accumulated over the period.
The thermal storage enables accumulation of DHW based on available load when operating the
compressors, which is currently applying VSD to one compressor. An alternative fixed-speed
compressor control strategy is therefore evaluated. The mean energy efficiency of the complete
thermal system increases by 3.8% to 3.03. The maximum compressor motor power input is reduced
with 22.6 kW in the fixed-speed investigation. The overall energy demand (wihtin the investigated
period of 72 h), to the compressors is reduced with 125 kWh or about 4.6%. For the model of the
entire thermal system, a 3.6% reduction in energy input is observed. The energy consumption of the
entire thermal system is reduced with a similtanous increase in the total heat output. The results
show that a fixed-speed compressor control is beneficial and should be considered in future systems.
Q

Work Input (kW)

NOMENCLATURE
W

Heat Input (kW)
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ABSTRACT
A large fraction (more than 80%) of the solar radiation impinging a PV panel is lost. A
Photovoltaic/Thermal (PV/T or PVT) module allows not only to partially recover the otherwise lost
heat, but also to cool the PV and increase its electrical efficiency. A retrofitted building located in
Northern Italy will be equipped by a PVT dual source heat pump, operating with the ground as
source/sink, whereas the PVT drives the heat pump compressor and acts as a dual source. When
the heat pump does not need heat or operates for summer air conditioning the ground is the heat
sink both for the heat pump and for the PVT cooling.
A dynamic simulation allowed to size the plant, revealing high values of heat pump coefficient of
performance for the favorable thermal levels of the heat source, and better thermal levels of the
ground source that receives heat from the PVT panels when it is not required by the heat
pump.Very high efficiency and low primary energy consumption are demonstrated for the whole
plant, thanks the high energy independency from the grid.
Keywords: dual source heat pump; ground regeneration; ground source heat pump; multisource
heat pump; PVT

1. INTRODUCTION
The residential sector is responsible for about 40% of energy demand in Europe. When insulating
technologies and the new heating and cooling equipment are considered, this datum is surprising.
Nowadays, a building can be realized with a minimum requirement of traditional fuels and
electricity. These buildings are referred to as nearly Zero Energy Buildings (nZEB). The retrofitting
of a school building located near Feltre in Northern Italy allows utilizing several modern
technologies with the purpose of realizing something more of a nZEB, that is a Plus Energy
Building.This is a building which is not only energy self sufficient on a yearly basis, but it can
provide energy to nearby buildings, or to the grid.
Some proposed technologies are well known: ground heat pump, PV modules, thermal solar
collectors, thermal bridges reduction, careful thermal insulation, heat recovery on ventilation air.
The novelty in this study is in the coupling of the different components, with a control logic
conceived to exploit all the energy contributions.
A particular novelty is the use of photovoltaic cogeneration (PV/T or PVT). A PV module turns, say,
18% of solar radiation into electricity. As a matter of fact, 82% is then lost (Figure 1).Moreover, its
dissipation is detrimental for the efficiency as it produces an increase in the PV cell temperature.
As a consequence, cell efficiency is reduced of the order of 0.2-0.5% for every 1 °C rise.
A PVT module exploits the thermal fraction, as the PV cells are connected to a device that
exchanges heat with a fluid (usually air or water) (Chow, 2010). The thermal levels can provide
domestic hot water (DHW) or ambient heating, but a better compromise between the useful energy
and a moderate PV temperature indicates a better utilization as heat pump source. Bertram et al.
(2012) reported a possible improvement from 4.2 to 5.4 for the seasonal performance factor for a
dual source heat pump system ground-PVT with respect to only ground source. The penalization
for the PV electricity production was estimated at 5%. They used unglazed PVT. Instead, in this
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study glazed PVTs are used, as the Authors believe that a glazed PVT can give the best results
once the PV cells temperature is controlled by a proper coupling with the ground heat exchanger.

Figure 1: A possible share of
solar irradiation between
electricity and thermal effect
for a PV module

2. METHODS
2.1.

Building thermal loads

The building to be retrofitted has a total floor area of 2435 m2 (two storey), with an outward surface
area of 2505 m2, and an enclosed gross heated volume of 11060 m3. The insulation is designed to
allow obtaining an average thermal transmittance of 0.15 W m-2 K-1 for outer walls and roof, 0.7 W
m-2 K-1 for the windows.
A careful evaluation of thermal loads was obtained by dynamic simulation (TRNSYS 17). The
monthly energy needs are represented in Figure 2, subdivided into ambient heating, air
conditioning, and ventilation (heating and air conditioning). A considerable load is due to DHW,as a
part of the retrofitted building is a large gym with showers. The hot water demand is estimated in
2000 Lday-1.Whereas in winter the demand is governed by ambient and DHW heating, in summer,
apart the constant DHW demand, air conditioning is the main load with a contemporary ventilation
heating and cooling demand, as a post heating is provided.

Figure 2: Monthly energy needs
in terms of heating, cooling,
ventilation (hot and cold coils of
AHUs), and DHW

The peak heating load (-44.6 kW) occurs towards the end of January, whereas the peak cooling
load (21.6 kW) is observed at the beginning of June. As the gym is used mainly in the late
afternoon and in the evening, the DHW demand is concentrated in few hours every day, and this
feature must be considered in the plant design providinga suitable storage.
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2.2.

The HVAC plant

The original feature of the HVAC plant is the solar section composed of PVT and plain PV that
drive a heat pump which satisfies all the loads, safe that when possible the PVT thermal
component provides DHW heating or at least preheating. The heat pump is a dual source with PVT
or vertical tube ground boreholes. The PVT excess heat (mainly in summer) recharges the ground.
A simplified scheme of the plant is represented in Figure 3, where the various components are
connected via suitable storage tanks. A radiant floor provides space heating in the large gym,
which is cooled by an all air cooling that gives the ventilation service (6600 m3 h-1) by an air
handling unit (AHU). The other rooms (small gym, bar, laboratories and offices) are heated and
cooled by fan coils, whereas toilets are heated only (by radiators), and laboratories are served also
by an independent AHU (7000 m3 h-1) for ventilation.

Figure 3: Simplified functional diagram of the HVAC plant

On the right of Figure 3two storage tanks are committed to the DHW service. Water from the mains
arrives at the Pre-Heating DHW Tank, where a possible contribution is offered by the PVT. The
heating till the consumption set point is completed in the DHW Tank, supplemented via a heat
exchanger by the Hot Tank. The latter satisfies the heating load, receiving heat by the heat pump
condenser. The heat pump evaporator takes heat from the Heat Source Tank, which is alimented
either by the ground or by the PVT.
The Cold Tank is dedicated to cooling loads. It is cooled by the heat pump evaporator. During the
heat pump operation as a chiller, useful heat for post-heating or DHW heating can be provided by
the heat pump condenser. In summer, the eventual excess heat from the PVT or heat pump
condenser cooling is used to recharge the ground, maintaining at an acceptable temperature the
glazed PVT.
The control logic is based on a survey of solar radiation intensity, determining an operation
threshold between 50 and 100 W m-2, and on a comparison between the various suitable tanks
set-points and the available temperatures in the different circuits (here not reported for sake of
brevity).

3. RESULTS AND DISCUSSION
A full system energy performance evaluation is fundamental for a rational sizing of the various
plant components, first of all PVT area, length of the geothermal probes, and tanks capacities.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4217

The main results of a monthly analysis is here proposed for the sizing alternative that appeared
preferable on an energy and economical basis. The alternative considers three ground probes, 100
m each, and 60 m2 PVT plus other 60 m2 of plain PV. A water-water heat pump was selected with
35 kW heating capacity, 27 kW cooling capacity. The claimed coefficient of performance (COP) at
12/7 °C cold source and 40/45 °C heating is 4.5. As regards the storage tanks capacities, the
following values were chosen:
• Pre-Heating DHW Tank 2 m3;
• DHW Tank 1 m3;
• Hot Tank 2 m3;
• Cold Tank 1 m3;
• Heat source Tank 2.5 m3.
3.1.

Energy analysis of the preferred alternative

The presentation of results is based on energy balance of the different plant components.
A solar energy balance is given in Figure 4 for the PVT. The balance brakes down the positive
input, that is the solar radiation, into five fractions:
• Thermal losses, that is the largest fraction;
• Electric energy;
• Contribution as heat pump heat source;
• Thermal energy to the DHW pre-heating;
• Ground recharging.

Figure 4: Monthly PVT solar
energy balance

Even if thermal losses generally exceed the other items, a good contribution is offered in winter as
heat pump heat source. In the most unfavorable month, January, 1,374 kWh are available for the
heat pump at a temperature higher than the ground source, against 1,204 kWh of thermal losses
and 439 kWh electricity.
In July, the produced electricity is of 1,278 kWh, with 1,851 kWh to DHW pre-heating and 1599 to
ground recharging. In July, the overall useful energy supplied by PVT is almost comparable to the
heat losses, with a 48% overall monthly efficiency (electrical efficiency 12% and thermal efficiency
36%).
The significant contribution of PVT to DHW heating is well represented in Figure 5. Here, the
negative component of the balance is the load plus a small heat amount due to the tank thermal
losses. PVT satisfies from 70% to more than 90% of DHW demand for the whole period from April
to October.
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Figure 5: Monthly DHW energy
balance

As far as the heat pump behavior is concerned, during the cold months the best observation point
is the balance of the Hot Tank (Figure 6). Here the positive component is the contribution of the
heat pump condenser to the tank. This is split into the satisfaction of the heating load and the
integration of DHW from the pre-heating temperature to the set point (45 °C). An almost negligible
fraction must be attributed to Hot Tank losses. A further insight is allowed by Figure 7 that reports
the balance of the Heat Source Tank. During the cold months, this tank receives the two positive
contributions from the ground and from the PVT: this energy is found in practice entirely as output
of the heat pump evaporator.
However, during the other months the balance is complicated as the heat pump condenser
releases to the tank the energy not requested by the DHW heating (mainly satisfied by PVT), or for
the AHU post-heating. The output of the tank is then mainly towards the ground, even if a small
fraction happens to be supplied for short periods of the month to the heat pump evaporator.

Figure 6: Monthly Hot Tank
energy balance

For sake of brevity, other meaningful balances are omitted. One of them is the ground energy
balance. On a yearly basis, the withdrawal is of 14,695 kWh, whereas the injection is of 19,722
(8,383 supplied by PVT and 11,339 by the heat pump condenser). Then the average ground
temperature should slightly increase in the long run.
Figure 8 illustrates the efficiency parameters of the heat pump and of the whole system. They were
evaluated as COP for the heat pump operation, and as energy efficiency ratio (EER) for the chiller
operation. The correspondent values for the system, that is taking into account the parasitic power
of pumps, were considered as well. This produces a noticeable reduction for the EER when the
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longer circuits between PVT and boreholes are more active. Both COP and EER maintain high
values during the whole year. The primary energy ratio (PER) is particularly high (around 5) for the
combined operation of the heat pump producing simultaneously useful heating and cooling for a
long period during the year. Note in Figure 8 the considerable increasing of the efficiency of the
whole plant (PER_plant),that is taking into account the PVT thermal contribution for DHW heating.

Figure 7: Monthly Heat Source
Tank energy balance

Figure 8: Heat pump efficiency
indexes with pump parasitic
energy (subscript _syst) or
without. PER of the whole plant
is represented as well (subscript
_plant)

The obtained results regarding the energy balance of the building show that it is completely self
sufficient for the energy on a yearly basis, rather making available electricity for the nearby
buildings of the same complex, or for the grid. The electricity external dependency from the grid
can be observed only in January and December, whereas in February and November the self
produced electricity is clearly prevailing. In the other months, no external electricity is required, and
electricity can be exported (Figure 9).
3.2.

Energy comparison with a conventional system

A comparison has been carried out in energy terms between the proposed plant and a
conventional one equipped with a natural gas fired condensing boiler (100% efficiency on lower
heating value) and an air cooled chiller. The comparison is illustrated in Figure 10 in terms of
primary energy, with a 1.95 factor for the electricity from the grid (average electricity production
efficiency 51.3%). The monthly bars reveal a relevant negative item due to natural gas demand of
the conventional plant, with a comparatively small consumption of the air cooled chiller. The
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proposed plant takes some electricity from the grid only in the cold months, offering from March to
October an energy surplus to be exported.

Figure 9: Monthly electricity
balance for the building

Figure 10: Monthly comparison
between the proposed plant and
a conventional plant in terms of
primary energy

3.3.

Energy comparison of different alternatives

As mentioned at the beginning of the paper, the results are referred to a “preferred” alternative. In
fact,five different alternatives were studied with different combinations of PVT area and ground
probes length:
• 20 m2 PVT - 500 m boreholes;
• 40 m2 PVT - 300 m boreholes;
• 40 m2 PVT - 400 m boreholes;
• 60 m2 PVT - 300 m boreholes;
• 60 m2 PVT - 500 m boreholes.
Each alternative provides also 60 m2 of plain PV. The five alternatives are compared in Figure
11between them on yearly basis in terms of primary energy savings, each with the counterpart of a
traditional solution. The increment of savings is less than proportional to the PVT area as already
at 40 m2 the thermal contribution is in excess of the demand in various summer days, and
obviously more often for 60 m2.Instead, it is worth to realize that no advantage is offered by an
increase in borehole length from 300 to 500 m. The fact is that for a shorter length the ground
recharging is more effective, and this balances the slightly higher or lower temperature that longer
probes may offer to the evaporator or condenser heat pump respectively.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4221

Figure 11: Primary energy
comparison between the five
considered different
alternatives, each compared
with the conventional solution

4. CONCLUSIONS
PVTs represent really a small niche in the actually huge PV market. The possibility of producing at
the same time heat and electricity was conceived in the late 1976 (Wolf, 1976). However, in the
beginning the main purpose was a PV cooling to increase the electric efficiency. A first proposal of
using a PVT panel to supply a heat pump (Ito et al., 1997) appeared not economically viable. The
attractive feature of PVT was essentially the best use of a limited area for collecting solar energy
(Zondag et al., 2003). The high cost of PV and the absence of commercial PVT limited the
researches mainly to computer simulations, with few experimentsrelated above all to DHW heating
(Kalogirou, 2006). Most of the considered solutions were unglazed for fear of a possible
overheating of the PV cells. A recent market survey supplied a short list of manufacturers, most of
them with unglazed products (de Keizer et al., 2017). The very interesting energy performance of
the plant designed in this study for a retrofitted building, coupled to the impressive PV (and then
PVT) cost reduction and the possibility of prevent the overheating in a dual source heat pump
combination, indicate that the use of glazed PVT offers a technical solution really suitable in view
of nZEB design.
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ABSTRACT
The retrofitting of an existing gymnasium building located in Northern Italy is simulated by
TRNSYS-17 environment. The retrofitting allows to reduce heating and cooling needs of the
building, as to convert it to a nearly zero energy building (nZEB). It is equipped with a solar thermal
and ground source absorption heat pump system, operating with the ground as source/sink.
Besides the direct use for domestic hot water and for heating, solar thermal energy is used as heat
source for the heat pump, or as regeneration of ground when the system operates for summer air
conditioning. In this case, condensation heat from the absorption chiller can be usefully directed to
post-heating coils of the air handling units, or to regenerate the ground as well. The system
simulation allows to size the plant and to evaluate its performance in terms of solar ratio and
primary energy ratio.
Keywords: solar thermal collector; dual source heat pump; ground regeneration; ground source
heat pump; multisource heat pump; absorption heat pump

1. INTRODUCTION
The concept of nZEBis based on the reductionof the primary energy demand through a high
insulation level, theuse of high efficiency heating/cooling systems and the integrationof renewable
energy sources into the building plant. In this regards, heat pump isone of the most advantageous
systems to be considered in theheating, ventilating and air conditioning (HVAC)plant. As it is well
known, designing a heat pump system needsa particular care concerning the selection of both the
heating system(in order to lower heat supply temperature) and the heat source(outside air is the
most widespread but the worst from thermodynamic point of view as the buildings heating loads
generallyincrease as air temperature decreases). In particular, this secondaspect	
   should	
   be	
   carefully	
  
evaluated when designing a heat pumpsystem as the potential benefits of alternative heat sources
couldbe significant. That is why the interest in dualsource systems has been increasing during the
last decades both theoretically and experimentally.
The present paper deals with an example of good integration of thejust mentioned three elements
(building’s high insulation, use of heat pump and integration of renewable energy sources). The
building is part of an old school in North Italy that will be deeply retrofitted to become a nZEB. A
dualsource (solar + ground) absorption heat pump system is here considered for the HVAC plant.
Several scenarios are assessed with respect to primary energy consumption by means ofdynamic
simulations in TRNSYS environment. The key issue of thispaper is to determine whether it is better
to use ground source heat pump, or to integrate it by solar energy into amulti-source heat pump
based system, to face the heating, cooling and domestic hot water (DHW) loads of the building.
The analysis is carried out both on energy and economic basis.

2. METHODS
2.1.

Building retrofitting and thermal loads

The building that is going to be retrofitted in 2019 is part of an old (completed in 1960) high school
building of Feltre, situated in the province of Belluno, northern Italy. The climate is rather severe in
wintertime (3100 degree-days). The gym and the laboratories will be retrofitted in order to become
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a nZEB.The retrofitting will be operated by the Belluno Province Administration, a public
Authoritycharged with the public education service.The main part of the retrofitted building is a
largegym (33 m x 25 m x 8.40 m,expandingon two levels).Changing rooms, bathrooms with toilet
and showers, and technical rooms are located at ground floor;an office, a small gym and a bar are
at first floor. At second floor, six laboratories will be retrofitted and made newly available.
The total floor area is 2435 m2, with an outwardsurface area of 2505 m2, and an enclosed gross
heated volume of11060 m3.During the retrofit intervention, the envelope will be well insulated, with
outer walls androof allowing for an average thermal transmittance of approximately0.15 W m-2 K-1,
floor tothe ground of 0.5 Wm-2 K-1, and glazing system of 0.7 W m-2 K-1.
Based on Trnsys17 (Klein et al., 2010) dynamic simulation, each thermal zone of the building is
defined by means of scheduling of presence of people, type of activity, lighting and other internal
gains, and humidity and air temperature set points. The HVAC system provides ventilation by two
air handling units (AHU), space heating and cooling, and DHW production. Figure 1 reports
monthly energy needs, obtained by summarizing the heating and cooling loads calculated with a
0.25 h simulation time step.

Figure 1: Monthly energy needs in terms of
heating, cooling, ventilation (hot and cold coils
of AHUs), and DHW

The maximum cooling load (21.6 kW) occurs at the beginning of June, when the school is still fully
operating (open to students and professors, gyms open to extra-school activities as well). The
maximum heating load (-44.6 kW) occurs in the second half of January.However,even during
summer months post heating ventilation requires some heat. Ventilation needs in heating season
are prevailing with respect to heating needs, as a consequence of the very high thermal insulation
of the retrofitted building, and minimization of thermal bridges. Moreover,DHW needs(2000 L per
day at 45 °C) are a large quota of the total heat request. They are concentrated in short periods
mainly during the evening.
2.2.

The HVAC plant

Through dynamic simulation using Trnsys environment, different solutions are evaluated with
respect to the HVAC system. In another paper of this conference (Lazzarin and Noro, 2019), a
multisource electric vapour compression heat pump coupled to photovoltaic/thermal collectors is
studied. In this paper, a multisource gas-fired absorption heat pump systemis designed to fulfil the
needs of the building, utilising ground and solar energy. Absorption heat pumps needa smaller and
less expensive borehole fields, as the ratio between the thermal input from the source and the
thermal output is much lower than for electric compression heat pumps. The model selected is a
Robur GAHP-WS type, with modulating natural gas burner and stainless steel condensation heat
recovery, able to produce alternatively or simultaneously hot water (till 65 °C) and cold water (till 3
°C) (Table 1).
The HVAC system in the large gym provides space heating by means of a radiant floor, and space
cooling by air conditioner units, while ventilation is realized by means of anair handling unit
(AHU)(6600 m3 h-1) serving a single-duct system. The other spaces (small gym, bar, laboratories
and offices) are heated and cooled by fan coils, whereas toilets are heated only (by radiators), and
laboratories are served also by an independent AHU (7000 m3 h-1) for ventilation. For sake of
simplicity, a reduced functional diagram of the plant is shown in Figure 2. The system is equipped
with one gas-fired absorption heat pump. An integration air/water electric chiller (rated capacity
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10.5 kW, rated EER 2.75 at A30W7 condition) covers the cooling peak load, and operates as
backup.
The ventilation is satisfied by two AHUs equipped with heating and cooling coils,served by hot and
cold main collectors in the central plant (Figure 2). A heat recovery is provided in AHUs through
sensible cross-flow heat exchangers, whose efficiency is limited to 50% in order to avoid frosting
drawbacks.
The thermal source for the heat pump can be either the ground (nx100 m in a row of vertical tube
U heat exchangers with an outer diameter of 32 mm and a thickness of 2.9 mm, with n=2-3-4 as a
function of the solar field area as described in section 3), or solar collectors. Evacuated tube and
flat plate collectors are considered in the simulation. Solar collectorsfirstly servethe DHW Tank,
then the Hot Tank (for direct heating), and finally can regenerate the ground.Main characteristics of
solar collectors are reported in Table 2. Table 3reports the rated electric consumption of main
circulation pumps, computed after an evaluation ofpressure drops along the different circuits.
OPERATING AS HEAT PUMP
Gas Utilization Efficiency (GUE)
174 %
Heating power (condenser) [kW]
43.9
Heat source power (evaporator) [kW] 18.7
OPERATING PRODUCING USEFUL HEAT AND COOL
Total efficiency index
248 %
OPERATING AS CHILLER
Cooling power (evaporator) [kW]
18.7
Heating power (condenser) [kW]
43.9
Thermal power burner [kW]
25.2
Electric power [kW]
0.41

Table 1. Main technical characteristics of the
absorption HP/chiller (Robur, 2017)

Figure 2: Simplified functional diagram of the HVAC plant. The mass flows of the main
circuits (ground, solar, tanks, hot and cold collectors) are shown (in grey the part of the
plant operating during heating season only)
2

Table 2. Main technical characteristics of solar
collectors (Kloben Industries, 2017)

Pump
P1
P2

Electric power in heating
operation [kW]
0.1
0.03

Absorption area [m ]
-2
η0 [@ 1000 W m ]
-2 -1
a1 [W m K ]
-2 -2
a2 [W m K ]
IAM [50°]

Electric power in cooling
operation [kW]
0.15
0.03

Evacuated tube
2.55
72.10 %
1.051
0.004
1.09

Flat plate
1.84
78.50 %
3.594
0.014
0.94

Table 3. Electrical rated power of the
main circulation pumps
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P3
P4
P5

0.1
0.5
0.15

2.3.

0.15
0.5
0.05

Control logic of the HVAC plant

The need for sensible heating of the AHUs depends directly on the outdoor air temperature and on
the ventilation flow, which is constant for every AHU. The large gym AHU is scheduled to work
from 8 am to 10 pm every day, that of the laboratories from 8 am to 6 pm from Monday to Friday.
The solar system is activated whenever the measured global solar radiation on the plane of
collectors (tilt 18°, orientation South-East) exceeds a threshold radiation (100 W m-2). This is the
radiation that provides the minimum acceptable efficiency once fixed the solar field characteristics,
the minimum average temperature desired and the outdoor temperature (Busato et al., 2013a)
(Busato et al., 2013b) (Busato et al., 2015). Solar energy is always firstly directed to DHW Tank,
and successively to Hot Tank. When the two tanks exceed a temperatureat the top of 45 °C and 50
°C respectively and the solar circuit outlet fluid temperature is above 15 °C, the flow is directed to
the ground field to regenerate it. In this case, when the absorption machine is operating as heat
pump (heating season), the heat pump evaporator is supplemented by the solar section when its
outlet temperature is lower than 30 °C. DHW Tank is firstly served by solar energy. If solar energy
is not enough, thermal energy is provided by Hot Tank. Hot Tank is fed by the solar circuit, and by
the HP condenser. In both tanks, an electric auxiliary is present. Absorption HP/chiller is activated
once the Hot/Cold Tank temperature falls below/above the given set points (50 °C and 7 °C
respectively).

3. RESULTS AND DISCUSSION
A full system energy performance evaluation isundertaken at the design stage. Firstly, the energy
analysis results are reported on a monthly basis for one of the alternatives considered (Table 4).
Subsequently, the annual results are reported in order to select the mostviable mixed solution, and
to optimize the size of the solar and ground fields. As the ground field extension can be reduced
when increasing the solar field area, a first attempt of economic analysis is reported in order to
evaluate the viability of the proposed solutions.
Table 4. Different alternatives simulated by Trnsys with solar field, ground boreholes and
storage tanks dimension

3.1.

Alternative

Type of collector

A1
A2
A3
A4
A5

Evacuated tube
Evacuated tube
Evacuated tube
Flat plate

2

Solar field area [m ] –
Ground boreholesdeep [m]
0
20 - 400
40 - 300
60 - 200
50 - 300

DHW Tank
[L]
1500
1500
3000
5000
3000

Hot Tank
[L]
1500
2000
3000
5000
5000

Cold Tank
[L]
1000
1000
1000
1000
1000

Energy analysis

Some first results are here reported on a monthly basis (Figure 3-Figure 5), referring to A3 case
only(40 m2 evacuated tube – 300 m ground probes)to stay within the paper length limits. Solar
energy is used to provide hot water for heating (yellow in Figure 3a) and sanitary uses (grey)
during the year, and to regenerate the ground mainly in summer months (orange). While the latter
quota increases proportionally to the increasing of solar field area, the former increases less than
proportionally, due to the very small heating demand in summer. The quota of solar energy
directed to the HP evaporator is negligible in Figure 3a. This is true for all the evacuated tube
alternatives, whereas for A5 a meaningful quota used as heat source is present. This is due to the
lower thermal efficiency of flat plate collectors in winter conditions with respect to evacuated tube.
Then outlet solar circuit temperatures lower than Hot Tank or DHW Tank temperatures more
frequently occur.
Figure 3b reports the absorption HP/chiller energy balance:the limited use of solar energy as heat
source of the HP is confirmed. The highest efficiency (1.83) is reported during mid seasons (April
and October), whereas during cooling season the GUE is between 0.74 and 0.79.
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a)

b)

Figure 3: Solar energy balance (a) and absorption HP/chiller energy balance (b) for A3
alternative
Figure 4 reports the energy balance of DHW Tank and Hot Tank. Solar energy assures an
appreciable contribution to DHW demand, even if the Hot Tank contribution prevails above all in
the colder months.
Electric auxiliaries contribution is quite limited, and mainly during summer or mid season. This is
because in winter the absorption machine operates as HP, and it is controlled by the Hot Tank set
point temperature. In this way, also DHW tank is satisfied mainly by solar energy and Hot Tank.
Instead, during summer or mid season the absorption machine operates as chiller, controlled by
the Cold Tank set point temperature. Then heat recovered by the condenser is available from the
absorption machine only when it is on.
The Hot Tank is quite fully satisfied by solar energy (red in Figure 4b) during summer months.
Figure 5 reports the percentage covering of different heat generators (solar collectors, absorption
HP, and electric auxiliaries), and the primary energy ratio (PER) for A3 alternative. PER is defined
as the ratio between useful energy produced by the plant (energy from the three tanks to the main
collectors of Figure 2) and the total no-renewable requested primary energy. The latter includes
natural gas (NG) supplied to the absorption machine, and electricity to the auxiliaries of Hot Tank
and DHW Tank, and to the A/W chiller. According to Italian standard DM 26/06/2015, such
electricity consumptions are converted to primary energy by no-renewable primary factor
fp,nren=1.95.
During winter months, PER is always greater than 1.94, that is the nominal value of HP GUE. Heat
pump covers the largest fraction of heating+DHW demand. Instead, during summer months the
lowest values of PER are reported. This is due to low GUE of the absorption machine in chiller
mode, and to low contribution of the heat recovered by the chiller to the heating+DHW demand.
As a matter of fact, the demand is nearly fully satisfied by solar energy. The highest values of PER
are recorded during mid season, as heating demand is lower than in winter and solar collectors
can largely satisfy it. Moreover, absorption machine is still operating as HP, with higher GUE than
in chiller mode.
Figure 6 reports the annual energy balance for all the alternatives considered. Ground energy
balance is always positive when solar collectors are installed (all alternatives except for A1), that is
energy injected into the groundexceeds the energy extracted. The larger the solar field area, the
greater the energy from solar collectors directed to regenerate the ground (grey in Figure 6a), and
the lower the energy extracted from the ground for heating purpose (red). In all the cases, the
cooling energy from the A/W electric chiller and its electricity consumption are quite limited. As a
matter of fact, this equipment is for backup use only.
The annual PER is reported in Figure 6b, also considering the electricity consumption by the
circulation pumps (PER*). The latter is not negligible at all, mainly due to the pressure drops of the
ground circuit. For example, for A3 case the annual pumps electricity consumption is around 1650
kWh: this is 3 % of the total thermal and cooling useful energy, and around 11 % of the total
primary energy supplied to the plant.
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a)

b)

Figure 4: Energy balance for DHW (a) and Hot (b) tank for A3 alternative

Figure 5: Energy demand percentage covering of
different energy sources, and PER for alternative
A3

a)

b)

Figure 6: (a) Plant energy balance for the different alternatives; (b) PER, PER*(considering
also the circulation pumps electricity consumption)and solar ratio (the latter with reference
to heating+DHW needs only) for the different alternatives
Such a percentage is consistent with data find in previous Authors’ work in similar multi-source
heat pump plants (Busato et al., 2013a) (Busato et al., 2013b). Then auxiliary distribution systems
weight on the global energy consumption is not negligible. PER rises above PER* values above all
in mild months, as the direct solar heating contribution becomes higher, and the solar section
operates for many hours, also in ground recharging mode. With A5 alternative, HP operates for
longer time during winter months with respect to A3 solution (light green in Figure 6a), as flat plate
collectors feature lower efficiency than evacuated tube. For example, the plant with 50 m2flat plate
collectors cannot reach the same energy performance in terms of PER of that with 40 m2
evacuated tubes.
As one of the more important advantages of multi-source HP plant with solar is the possibility to
regenerate the ground, a simulation over ten years long was performed in order to evaluate such
an effect on ground temperature. Average ground temperature for A3 case during the first years of
simulation appreciably increases, starting from 7 °C and stabilizing around 10 °C at the end of the
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period. Differently, in case of no-ground regeneration (alternative A1) the ground temperature
varies around the initial value but with a slight decreasing trend during the ten years period. It is
apparent the beneficial effect of ground regeneration using solar energy that exceeds direct use.
3.2.

Economic analysis

High initial costs are common to many renewable energy installations.This is particularly the case
of multi-source heat pump plants. With regards to investment costs, referring to literature and
manufacturers average values (Lazzarin, 2014; Infante Ferreira and Kim, 2014; Weiss et al., 2017,
Robur, 2017; Kloben Industries, 2017) a reasonable estimate of absorption single effect machine
cost, evacuated tube and flat plate solar collectors specific cost is 26500 €, 545 € m-2 and 310 € m2
respectively. A reasonable hypothesis concerns the cost of other equipment (pumps, tubes,
boiler, valves, etc.), and considering a 30 % discount on price catalogue values, allows to calculate
the total investment cost for solar thermal plant reported in Table 5.Cost of the ground field is
calculated considering 10000 € of fixed cost plus 25 € per meter of ground heat exchanger. The
same table reports also the value of the economic incentive (“Conto Energia Termico 2.0”), that is
defined as 65 % of the plant total investment cost for retrofitting of nZEB (MISE,2016). For public
buildings like schools, such an incentive can be allocated onceat the beginning of the intervention.
Other parameters useful for the economic analysis are: NG cost fixed at 0.70 € Nm-3, electricity
cost at 0.22 € kWh-1, real interest rate 0.565 %, period of the economic analysis 20 years.
Table 5. Investment cost of the plant, and “Contotermico 2.0” incentive

Plant cost (solar
Alternative field+pumps,
tubes, etc.) [€]
A1
11600
A2
24013
A3
37310
A4
54243
A5
36687

Abs
Ground field
HP/chiller
cost [€]
cost [€]
20000
26500
20000
26500
17500
26500
15000
26500
17500
26500

Installation
cost [€]

Total invest. Total incent.
cost [€]
(65%) [€]

8715
10577
12197
14361
12103

66815
81090
93507
110104
92790

43430
52708
60779
71568
60314

Figure 7: Annual discounted differential cash
flows between the A1-A5 alternatives and the
traditional one (A0)

An economic analysis in terms of net presentworth (NPW) and discounted payback period (DPB)
of the different solutions is carried out with respect to a “reference solution” A0, whose cost is
evaluated in 26910 €(three 25 kW NG condensing boilers with efficiency 100 %, and anaircooled
electric vapor compression chiller). In terms of DPB, multi-source is not so profitable: the onlyground HP plant (A1) allows to get the shortest payback, around one year, whereas the most
efficient solutions(A3, A4) feature longer payback periods (5 and 7 years respectively) (Figure 7).
However, consider that the shortest DPB criterion is short sighted for a HVAC plant. Instead, in
terms of differential (with respect to A0) discounted NPW, the most advantageous solution is a
multi-source HP plant with 40 m2 of evacuated tube and 300 m boreholes (A3), that allows to get
around 40 k€ in 20 years. Increasing the solar field is a favorable solution in NPW terms, as A3, A4
and A5 alternatives feature higher NPW than A1 and A2.This is due to the possibility to reduce the
ground field extension when increasing the solar field area, as confirmed also by previous Authors’
study (Busato et al., 2015).
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4. CONCLUSIONS
The paper describes the design of the functional scheme and the control logic of a multi-source
absorption heat pump system coupled to a nZEB. The integration of different heat sources greatly
increases the efficiency of the system in terms of primary energy consumption.
The solar heat contributes with a meaningful fraction of the space heating and DHW needs, and
the use of the solar source to regenerate the ground plays an important role in maintaining the heat
pump performance at high level during the years. Instead, the contribution of solar energy to the
evaporator of the heat pump is negligible. This is mainly due to the control logic here proposed, as
solar energy isdirectly used as HP heat source when its temperature is between 15 °C and 30 °C
and if, at the same time, HP is in operation. One possible improvement of this configuration could
be the use of a tank at the HP evaporator side, collecting warm water from solar collectors when
the HP is off.
All the alternatives here considered varying the sizes of solar and ground fields perform better than
the only-ground solution. For example, the best alternative from the economic point of view (40 m2
evacuated tube – 300 m boreholes) features an annual PER of 2.0 and a solar ratio of 40 %. The
circulation pumps consumption is an important part of the primary energy consumption, as taking it
into account PER decreases to 1.8.
From the energy point of view all the multi-source alternatives here considered are viable and
efficient solutions. However,the incentive of 65 % of the investment cost is essential for their
economic viability.
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ABSTRACT
Residential heating has a significant potential in the reduction of energy consumption and CO 2
emissions. A relevant contribution can be expected from gas-fired ammonia/water absorption heat
pumps (GAHPs).
Commonly the return flow of the heat distribution system is used to cool the combustion gas below
the dew point to condensate water vapour and to minimize latent heat losses. Especially in retrofit
applications the temperature of the heat distribution system is too high to condensate water vapour.
To use the latent heat under all operating conditions, a GAHP can be equipped with a refrigerant
cooled flue gas heat exchanger between the evaporator and the absorber. Therefore, an increase
in efficiency can be achieved.
Measurements were carried out to determine the increase in efficiency using a refrigerant cooled
flue gas heat exchanger. The GAHP was operated at different operating conditions and different
cycle configurations.
Keywords: Ammonia/Water, Cycle Design, Efficiency, Flue Gas Heat Exchanger, Space Heating

1. INTRODUCTION
The energy consumption for residential heating has a crucial share on the total energy consumption.
For instance, in the European Union around 26 % of the total energy consumption was used for
residential heating in the year 2012 (Fleiter et al., 2016). In order to reach the ambitious climate
targets, a significant reduction of the European and global energy consumption and CO 2 emissions
are necessary. Especially, the heating demand of buildings has to be reduced and the efficiency of
heating technologies has to be increased. Currently the heating demand is mainly covered by
condensing gas boilers. In Germany gas and oil boilers had a market share of 68 % in the year 2012
which is still growing (Umweltbundesamt, 2016).
Condensing boilers provide the heating demand by burning fossil fuels (e.g. gas, oil) and cooling the
combustion gas by the return flow of the heat distribution system. If the return flow temperature is
below the dew point of the combustion gas, latent heat can be utilized by water vapour condensation.
In this way, with state-of-the-art condensing gas boilers an efficiency of up to 109 % (based on the
lower calorific value), which is already the limit, can be achieved (Wolff et al., 2004).
For a further increase in efficiency a new technology is necessary. A worthwhile contribution can be
expected from directly gas-fired absorption heat pumps (GAHPs). Recently, a lot a research has
been carried out in this field. A GAHP is driven by a high-temperature heat source (combustion of
natural gas) and utilizes low-temperature heat from the ambient (e.g. air, ground, water) and releases
the sum of both heat flows to the heat distribution system at a medium temperature. Due to the
utilization of ambient heat - which is “free of charge” - with this technology an efficiency of up to
180 % (based on the lower calorific value) is possible (Wechsler et al., 2016). A reduction of the
energy consumption and CO2 emissions of more than 40 % compared to state-of-the-art condensing
boilers is possible. It has to be noted, that such high efficiencies are only possible in combination
with a low-temperature heating system (e.g. floor heating system) and if the low-temperature heat
from the ambient is supplied at a moderate level.
But right here an issue with the realistic achievable efficiencies exists. For example, in Germany
around three quarters of the residential buildings were built more than 30 years ago. In this particular
case the return temperature of the hydronic heat distribution system is around 55 °C under usual
operating conditions (Recknagel et al., 2011). But the dew point of a natural gas combustion with an
air-fuel equivalence ratio of λ = 1.3 is around 55 °C, which means in most applications the
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condensing boiler technology cannot be used because water vapour condensation in the combustion
gas does not take place and thus latent heat dissipates into the environment.
To use the condensing boiler technology under all operating conditions the combustion gas has to
be cooled with a low-temperature medium. In a GAHP the lowest temperature occur at the
evaporator, which results in the possibility of cooling the combustion gas with the refrigerant by
modifying the standard GAHP cycle. As it is not useful to (partially) replace the evaporator with a
refrigerant cooled flue gas heat exchanger, it makes sense to install it after the evaporator or
depending on the cycle design after a refrigerant heat exchanger (internal heat exchanger).
Generally, after the evaporator or the refrigerant heat exchanger the temperature is
around -15 °C to +20 °C, which is lower and independent from the temperature of the heat
distribution system, which ensures water vapour condensation under all operating conditions.
Wagner and Rieberer (2017) have shown a simulation study of a GAHP with a conventional water
cooled flue gas heat exchanger (cooled by the heat distribution system) compared to a GAHP with
a refrigerant cooled flue gas heat exchanger (cooled by the refrigerant). This study has shown the
possibility to increase the efficiency of a GAHP by up to 12 % depending on the operating conditions
and the cycle configuration by installing a refrigerant cooled flue gas heat exchanger. Due to the new
cycle design the influence of strongly superheated ammonia vapour entering the absorber on the
absorption and the overall heat pump process was investigated by Wagner and Rieberer (2018).
Within this work a GAHP prototype with ammonia/water as working pair and a nominal heating
capacity of 18 kW was equipped with a refrigerant cooled flue gas heat exchanger between the
evaporator and the absorber and experimentally investigated. Different cycle configurations were
investigated and a comparison between a GAHP with a refrigerant cooled flue gas heat exchanger
and a GAHP with a water cooled flue gas heat exchanger was performed.

2. SYSTEM DESCRIPTION
Fig. 1 shows a schematic flow chart of the analysed GAHP cycle. Rich solution (rso) with a relatively
high ammonia mass fraction (xrso) enters the generator (GEN) at state point 15, where it is partially
evaporated by the heat supplied by a natural gas burner. Depending on the operating condition, the
combustion gas leaves the generator at around 130 °C to 150 °C (tcombustiongas). To reduce energy
losses, the combustion gas can be additionally cooled by either the water cooled (FlueHX1) or the
refrigerant cooled (FlueHX2) flue gas heat exchanger. By analysing the GAHP cycle with the water
cooled flue gas heat exchanger the return flow of the heat distribution system is preheated (from
tsink,in to tsink,FlueHX1,out) before entering the condenser (CON) and the water cooled absorbers
(ABS-1 & ABS-2). If the GAHP cycle is analysed with a refrigerant cooled flue gas heat exchanger
the refrigerant can be further heated by the combustion gas, before it enters the solution cooled
absorber (ABS-3).

Figure 1: Schematic flow chart of the analysed absorption heat pump cycle
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In principle the refrigerant cooled flue gas heat exchanger prototype is designed like a counterflow
fin and tube heat exchanger with a heat transfer area of approx. 16 m². The cold refrigerant enters
the flue gas heat exchanger at the top and the hot combustion gas (leaving the generator) enters at
the bottom. On each level the refrigerant flows through two to three parallel pipes in series before it
flows down to the next level. After 24 levels the refrigerant exits the flue gas heat exchanger at the
bottom at a high temperature. The hot combustion gas flows upwards while getting cooled and exits
at the top of the flue gas heat exchanger as flue gas. There is a huge difference in the heat transfer
area compared to the water cooled flue gas heat exchanger with approx. 0.5 m². This difference is
caused by the limited convective heat transfer of superheated refrigerant, which is substantially lower
than the one of liquid water.
The ammonia vapour evaporated in the generator rises upwards to the rectification column (REC)
where it is in contact with the liquid solution flowing downwards. Thus, the ammonia mass fraction
(x) increases due to heat and mass transfer. Subsequently, the vapour enters the dephlegmator
(DEP) where it is cooled by the rich solution and the less volatile vapour component (water)
condenses. This condensate is used as the required reflux for the rectification column. The
dephlegmator can be bypassed to investigate the influence of the dephlegmator on the refrigerant
ammonia mass fraction (xref) and on the efficiency. After the dephlegmator, the vapour enters the
condenser, where it is liquefied by releasing heat to the heat sink. In the following refrigerant heat
exchanger (RHX) the refrigerant can be subcooled before it expands in the refrigerant throttle (RTH)
to the low pressure (evaporation pressure pEVA). For the investigation of the influence of the
refrigerant heat exchanger on the efficiency it can be bypassed. Subsequently, the refrigerant enters
the evaporator (EVA) and evaporates by extracting heat from the heat source. If the refrigerant heat
exchanger is not bypassed, the refrigerant is further heated.
After partly evaporation of ammonia vapour in the generator, the poor solution (pso) with a relatively
low ammonia mass fraction (xpso) is taken from the bottom (state point 16) and cooled by a solution
recirculation. After being expanded in the solution throttle (STH), the poor solution enters the solution
cooled absorber, where it absorbs the refrigerant. A complete absorption of the refrigerant by the
poor solution takes place in the water cooled absorbers. The resulting rich solution is brought to the
high pressure (condensation pressure pCON) by means of an electrical solution pump (PUMP).

3. MEASUREMENTS
Measurements with a GAHP have been conducted. Different cycle configurations and operating
conditions have been investigated. The mass flow rate of the refrigerant (mref), the rich solution (mrso),
through the dephlegmator (mDEP) and through the solution cooled absorber (mABS-3) were measured
using Coriolis flow meters. By applying a mass balance at the solution cooled absorber the missing
mass flow rate of the poor solution (mpso) can be calculated. The condensation pressure (pCON) was
measured at the condenser inlet (state point 20) and the evaporation pressure (pEVA) was measured
at the evaporator outlet (state point 24). The pressure loss of the refrigerant cooled flue gas heat
exchanger (ΔpFlueHX2) was determined using a differential pressure transmitter. The “internal
temperatures” (refrigerant & solution, except state point 16) and the combustion gas temperature
(tcombustiongas) were measured by means of wet-mounted thermocouples. The temperature at the
generator bottom was calculated as an average of the temperatures measured using three contact
sensors (thermocouples) mounted at the outer wall approx. where the poor solution enters the
solution recirculation pipe. The “external” temperatures at the heat sink and heat source and the flue
gas temperature (tfluegas) were measured using wet-mounted Pt100 sensors. The volume flow rates
at the heat sink (Vsink, VCON) and source (Vsource) were measured using MID flow meters. The fuels’
volume flow (Vfuel) rate was measured using a gas meter.
3.1.

Methodology

In order to compare the different cycle configurations and the different flue gas heat exchangers,
measurements were taken at a constant natural gas flow rate. For the experimental investigation
different heat source temperatures were combined with a constant heat sink temperature. To
investigate the influence of different ammonia mass fractions in the refrigerant investigations were
performed with (DEP) and without (nDEP) the dephlegmator. The effects of the refrigerant heat
exchanger on the overall efficiency were analysed by investigations with (RHX) and without (nRHX)
the refrigerant heat exchanger. Table 1 shows an overview of the varied parameters of the
experimental investigation.
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Table 1. Overview of the varied parameters

Parameter
Natural gas flow rate (Vfuel,norm) in m³/h
Heat source in/outlet temperature (tsource,EVA,in/out) in °C
Heat sink in/outlet temperature (tsink,in/out) in °C
Dephlegmator
Refrigerant heat exchanger

Values
0.75
+10/+7, -5/-8
45/55
with (DEP), without (nDEP)
with (RHX), without (nRHX)
FlueHX1 (water cooled),
Flue gas heat exchanger
FlueHX2 (refrigerant cooled)
The evaluation of the measurement data was performed with the software Engineering Equation
Solver (EES, 2018). The substance data of ammonia/water was taken from the equation of state
formulated by Ibrahim and Klein (1993), which is implemented in EES as a predefined function. All
measurement uncertainties indicated by error bars in the following figures were calculated by means
of Gaussian error propagation rule implemented in EES (2018).
The following assumptions were made within the evaluation:
 The ammonia concentration of the poor solution (xpso) at the generator bottom (state point 16)
and of the refrigerant (xref) at the dephlegmator outlet (state point 20) were calculated as a function
of the measured temperatures at those state points and the condensation pressure by assuming
saturated conditions.
 The heat flow rates at the water cooled flue gas heat exchanger, condenser, evaporator and water
cooled absorbers were determined using the measured values at the external (water) circuits due
to the smaller measurement uncertainty.
 Pressure losses were neglected, except the refrigerant side pressure loss in the refrigerant cooled
flue gas heat exchanger as well as when determining the theoretically achievable efficiency
(GUEFlueHX2,th, see below).
 Heat losses were neglected with the exception of the combustion gas heat losses between the
generator outlet and the inlet of the refrigerant cooled flue gas heat exchanger when determining
the theoretically achievable efficiency (GUEFlueHX2,th, see below). The heat losses to the ambient
(Qloss,pipe,FlueHX2) were estimated according to Eq. (1). Upipe was calculated using the thermal
conductivity of the insulating material (λInsulation) and the convective heat transfer coefficients of the
combustion gas (αcombustiongas) and the air (αair) as shown in Eq. (2). Due to the high thermal
conductivity of aluminium and the small thickness of the pipe the thermal conductivity was
neglected which means that it was assumed that the temperature outside the aluminium pipe
corresponds to the one inside the pipe. Separate temperature measurements at the beginning
(tcombustiongas) and at the end of the pipe (tFlueHX2,in) were taken to verify the calculation of the heat
losses according to Eq. (1).
Eq. (1)
Q̇ loss,pipe,FlueHX2 = U𝑝𝑖𝑝𝑒 ∙ 𝐿𝑝𝑖𝑝𝑒 ∙ (𝑡𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛𝑔𝑎𝑠 − 𝑡𝑎𝑖𝑟 )
Upipe =

1
1
1
1
𝑑
1
+
∙
∙ ln( 𝑜𝑢𝑡𝑒𝑟 ) +
𝑑𝑖𝑛𝑛𝑒𝑟 ∙ 𝜋 ∙ 𝛼𝑐𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛𝑔𝑎𝑠 2 ∙ 𝜋 𝜆𝐼𝑛𝑠𝑢𝑙𝑎𝑡𝑖𝑜𝑛
𝑑𝑖𝑛𝑛𝑒𝑟
𝑑𝑜𝑢𝑡𝑡𝑒𝑟 ∙ 𝜋 ∙ 𝛼𝑎𝑖𝑟

Eq. (2)

For the assessment of the heat pump process the ratio of the total heating capacity and the fuel input
is relevant. DIN EN 12309-1 (2015) defines the Gas Utilization Efficiency as an appropriate value for
the evaluation of GAHPs as shown in Eq. (3). In this consideration, the energy consumption of the
solution pump is neglected.
Q̇ sink
Q̇ sink
GUE = GUEHs = 
=
Eq. (3)
Q̇ fuel,norm,Hs V̇fuel,norm ∙ Hs,norm
Q̇ sink
Q̇ sink
GUEHi = 
=
Eq. (4)
Q̇ fuel,norm,Hi V̇fuel,norm ∙ Hi,norm
Q̇ sink + Q̇ loss,pipe,FlueHX2
GUEFlueHX2,th = 
+ (GUEFlueHX1 − GUEFlueHX1,ΔpFlueHX2 )
Eq. (5)
Q̇ fuel,norm,Hs/Hi
consideration of pressure loss in FlueHX2
A fair comparison of GAHPs with traditional condensing boilers is not possible due to different
reference values. The lower calorific value (Hi) is taken as the reference value for the calculation of
the efficiency of traditional condensing boilers, whereas for GAHPs the calorific value (Hs) is taken.
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For that reason in the figures that show the efficiency of the GAHP an additional ordinate is plotted
which shows the efficiency based on the lower calorific value (Hi) according to Eq. (4). The
theoretically achievable efficiency GUEFlueHX2,th was calculated according to Eq. (5) and should show
which efficiency could be achieved if the combustion gas heat losses occurring between the
generator and the refrigerant cooled flue gas heat exchanger as well as the pressure losses can be
omitted.
3.2.

Results

In Figs. 2 - 9 the measurement results regarding the flue gas temperature at the outlet of the flue
gas heat exchanger (tfluegas), the recovered latent heat flow rate in the flue gas heat exchangers
(Qfluegas,lat), the Gas Utilization Efficiency (GUE) and the pressure loss (ΔpFlueHX2) in the refrigerant
cooled flue gas heat exchanger with its effect on the GUE at different cycle configurations
(with/without RHX, with/without DEP) and different operating conditions (tsink, tsource) are shown.
Fig. 2 shows the flue gas temperature with RHX, Fig. 3 without RHX for different heat source
temperatures with (DEP) and without (nDEP) the dephlegmator. The flue gas temperature at the
water cooled flue gas heat exchanger (tfluegas,FlueHX1) shows only minor changes due to the
independence of the flue gas temperature on the heat source temperature and the cycle
configuration. It can be seen, that the flue gas temperature at the refrigerant cooled flue gas heat
exchanger (tfluegas,FlueHX2) is dependent on the cycle configuration and the heat source temperature.
If a dephlegmator was used, an ammonia mass fraction in the refrigerant of around 0.99 could be
achieved. Without using a dephlegmator an ammonia mass fraction of 0.96 to 0.98 was achieved. A
lower ammonia mass fraction in the refrigerant results in a higher temperature glide during
evaporation and a lower vapour quality after the evaporator as well as after the refrigerant heat
exchanger. Due to the lower vapour quality basically a higher heat flow rate can be transferred in
the refrigerant cooled flue gas heat exchanger and a lower flue gas temperature (tfluegas,FlueHX2) can
be achieved, e.g. 17 °C instead of 45 °C (compare SRC 10/7 DEP & SRC 10/7 nDEP in Fig. 2). It
also turned out, that the flue gas temperature tfluegas,FlueHX2 for tsource,EVA,in/out = 10/7 °C is lower
compared to tsource,EVA,in/out = -5/-8 °C, even though the refrigerant inlet temperature into the flue gas
heat exchanger - which cools the combustion gas - is higher. This issue is caused by the lower
refrigerant mass flow rate for tsource,EVA,in/out = -5/-8 °C which can recover less heat. At the operating
condition SRC -5/-8 DEP the heat flow rate transferred to the refrigerant was limited due to the low
refrigerant mass flow rate which caused a slight increase of the flue gas temperature. Without
dephlegmator (SRC -5/-8 nDEP) a slight decrease of the flue gas temperature was achieved which
was caused by the lower ammonia mass fraction in the refrigerant. Without RHX the refrigerant
enters the refrigerant cooled flue gas heat exchanger at a lower temperature and a lower vapour
quality. This leads to a higher recovered heat flow rate in the flue gas heat exchanger, which results
in a lower flue gas temperature, e.g. 29 °C instead of 45 °C (compare Fig. 2 & Fig. 3:
SRC 10/7 DEP). Due to the low refrigerant mass flow rate for tsource,EVA,in/out = -5/-8 °C only a small
decrease of the flue gas temperature occurred without RHX (compare SRC -5/-8 DEP &
SRC -5/-8 nDEP with RHX (Fig. 2) and without RHX (Fig. 3)).

Figure 2: Flue gas temperature for
tsink,in/tsink,out = 45/55 °C with RHX

Figure 3: Flue gas temperature for
tsink,in/tsink,out = 45/55 °C without RHX

The great benefit of the refrigerant cooled flue gas heat exchanger is the lower flue gas temperature
and therefore the higher water condensate mass flow rate. As the sensible heat has only a minor
effect on the heat flow rate transferred in the flue gas heat exchanger the focus will be on the
recovered latent heat flow rate (Qfluegas,lat). The latent heat flow rate with RHX is shown in Fig. 4 and
without RHX in Fig. 5. It was calculated with the measured amount of condensate during the
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measurement period (generally 15 minutes) and the condensation enthalpy of water. Due to the
similar flue gas temperatures, the latent heat flow rates recovered by the water cooled flue gas heat
exchanger is independent of both, the cycle configuration and the heat source temperature.
Comparing the flue gas temperatures (Fig. 2 & Fig. 3) and the recovered latent heat flow rates
(Fig. 4 & Fig. 5), an inverse trend can be seen. A lower flue gas temperature causes a higher
condensation mass flow rate and therefore a higher recovered latent heat flow rate. E.g., the
recovered latent heat flow rate increased from around 260 W to around 420 W while the flue gas
temperature decreased from 50 °C to 45 °C (see Fig. 2 & Fig. 4: SRC 10/7 DEP). Since the majority
of the recovered heat flow rate transferred to the refrigerant in the refrigerant cooled flue gas heat
exchanger is released to the heat sink in the water cooled absorbers a higher heating capacity is
achieved, which influences the GUE positively.

Figure 4: Recovered latent heat flow rate for
tsink,in/tsink,out = 45/55 °C with RHX

Figure 5: Recovered latent heat flow rate for
tsink,in/tsink,out = 45/55 °C without RHX

The achieved GUEs at different heat source temperatures and different cycle configurations are
shown in Fig. 6 (with RHX) and Fig. 7 (without RHX). With the water cooled flue gas heat exchanger
the highest GUEs can be achieved with dephlegmator and with RHX. With RHX the refrigerant
cooled flue gas heat exchanger does not show a benefit at a higher ammonia mass fraction in the
refrigerant (see Fig. 6: SRC 10/7 DEP & SRC -5/-8 DEP), compared to the water cooled flue gas
heat exchanger. This issue has two main reasons. On the one hand, the heat losses between the
generator outlet and the refrigerant cooled flue gas heat exchanger reduced the heat flow rate
transferred to the refrigerant and therefore the heat flow rate transferred to the heat sink. On the
other hand, the refrigerant side pressure loss in the refrigerant cooled flue gas heat exchanger had
a negative effect on the GUE, which will be explained in Fig. 8 and Fig. 9. Without RHX the GUE
with the water cooled flue gas heat exchanger decreased slightly due to the lower evaporator
capacity caused by the higher vapour quality after the expansion and the non-existing heat transfer
between the state points 24 and 25 which resulted in a reduced heat flow rate transferred to the heat
sink in the water cooled absorbers. With the refrigerant cooled flue gas heat exchanger the
non-existing heat transfer in the RHX was partly compensated. For example, at the operating
condition SRC 10/7 DEP the recovered latent heat flow rate (Qfluegas,lat) increased from 420 W (see
Fig. 4: SRC 10/7 DEP) with RHX to 530 W (see: Fig. 5: SRC 10/7 DEP) without RHX, whereby the
GUEFlueHX2 was similar with 1.28 (see Fig. 6 and Fig. 7: SRC 10/7 DEP). The highest increase of the
GUE from 1.23 (GUEFlueHX1) to 1.27 (GUEFlueHX2), i.e. by around 3 % can be seen at SRC 10/7 nDEP
without RHX (see Fig. 7).

Figure 6: GUE for tsink,in/tsink,out = 45/55 °C
with RHX

Figure 7: GUE for tsink,in/tsink,out = 45/55 °C
without RHX
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Fig. 8 shows the refrigerant side pressure loss in the refrigerant cooled flue gas heat exchanger at
different cycle configurations and tsource,EVA,in/out = 10/7 °C. Due to the higher pressure loss at a higher
refrigerant mass flow rate, these operating conditions are used to show the influence of the pressure
loss on the GUE, which is shown in Fig. 9. Due to the pressure loss between the evaporator and the
absorber the ammonia mass fraction in the rich solution decreases (assuming same heat sink
temperature). This issue results in a lower refrigerant mass flow rate evaporated in the generator,
which has a negative effect on the efficiency. The pressure loss of around 0.025 MPa (see Fig. 8:
SRC 10/7 DEP, RHX), which is nearly independent of the cycle configuration, caused a decrease of
the GUE from 1.32 (GUEFlueHX1) to 1.27 (GUEFlueHX1,ΔpFlueHX2), i.e. by 4 % (see Fig. 9:
SRC 10/7 DEP, RHX). A detailed explanation of the impact of pressure losses within an absorption
heat pump can be found in Niebergall (1981). If the heat losses are added to the heating capacity
and if the pressure losses can be reduced to a minimum without reducing the transferred heat flow
rate in the flue gas heat exchanger a theoretical GUE (GUEFlueHX2,th) can be calculated according to
Eq. (5) which is shown in Fig. 6 and Fig. 7. E.g., for the operating condition SRC 10/7 DEP with RHX
a GUE of 1.33 could be achieved by adding the GUE reduction due to the pressure loss
(GUEFlueHX1 – GUEFlueHX1,ΔpFlueHX2) of 0.05 to the measured GUEFlueHX2. By additionally reducing the
heat loss (Qloss,pipe,FlueHX2) between the generator outlet and the inlet of the flue gas heat exchanger,
which was 0.17 kW by a heating capacity of 11.2 kW, a GUEFlueHX2,th of 1.35 would be possible, which
means an increase by 6 % at this operating condition compared to a GAHP with a water cooled flue
gas heat exchanger. The highest theoretical increase of the GUE, from 1.23 (GUEFlueHX1) to 1.34
(GUEFlueHX2,th), i.e. by around 9 % can be seen at SRC 10/7 nDEP without RHX (see Fig. 7).

Figure 8: Pressure loss in FlueHX2 for
tsink,in/tsink,out = 45/55 °C with RHX

Figure 9: Effect of the pressure loss in FlueHX2
on the GUE for tsink,in/tsink,out = 45/55 °C with RHX

4. CONCLUSION AND OUTLOOK
A gas-fired absorption heat pump (GAHP) with a conventional, i.e. water cooled, flue gas heat
exchanger was compared to a GAHP with a novel refrigerant cooled flue gas heat exchanger. The
influence of the dephlegmator and the refrigerant heat exchanger on the recoverable heat from the
combustion gas as well as the Gas Utilization Efficiency (GUE) were analysed.
First measurements showed that a lower flue gas temperature could be achieved and a higher latent
heat flow rate could be recovered in the refrigerant cooled flue gas heat exchanger. The highest
benefits could be achieved at a lower ammonia mass fraction in the refrigerant. The measurements
also pointed out, that the pressure loss in the refrigerant cooled flue gas heat exchanger had a
significant impact on the efficiency. Due to that and the heat losses between the generator and the
refrigerant cooled flue gas heat exchanger an increase in efficiency of only approx. 3 % could be
achieved, which could be increased to 9 %, if the pressure and heat losses could be reduced.
Hence further efforts are required to reduce the combustion gas heat losses as well as the pressure
losses. The know-how gained from this experimental analysis will be considered in a simulation
model of the GAHP.
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NOMENCLATURE
1…i
α
ABS-1, ABS-2
ABS-3
CON
Δ
d
DEP
EVA
FlueHX1
FlueHX2
fuel
GAHP
GEN
GUE
Hi
Hs
in
Ki
λ
λInsulation
L
lat

state point
heat transfer coefficient (W∙m-2∙K-1)
water cooled absorber
solution cooled absorber
condenser
difference
diameter (m)
dephlegmator
evaporator
water cooled flue gas heat
exchanger
refrigerant cooled flue gas heat
exchanger
fuel (natural gas)
gas-fired absorption heat pump
generator
Gas Utilization Efficiency (-)
lower calorific value (kJ∙m-3)
calorific value (kJ∙m-3)
inlet
ball valve
air-fuel equivalence ratio
thermal conductivity (W∙K-1)
length (m)
latent

liq

liquid
mass flow rate (kg∙s-1)
norm referred to standard conditions
out
outlet
p
pressure (Pa)
pso
poor solution
PUMP solution pump
Q
heat flow rate (W)
RHX
refrigerant heat exchanger
REC
rectification column
ref
refrigerant
rso
rich solution
RTH
refrigerant throttle
sink
heat sink
source heat source
SRC
source temperature level
STH
solution throttle
t
temperature (°C)
th
theoretical
U
heat transmission coefficient (W∙m-1∙K-1)
V
volume flow rate (m3∙s-1)
Vi
valve
vap
vapour
x
ammonia mass fraction (kg∙kg-1)

m
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ABSTRACT
High temperature heat pumps (HTHP) with heat sink temperatures of 100 to 160 °C will
increasingly become commercialized in the coming years, especially for industrial drying,
sterilization and evaporation processes. In particular, the HFO R1336mzz(Z) and the HCFOs
R1233zd(E) & R1224yd(Z) are low GWP (< 10) replacement refrigerants for R245fa and R365mfc.
This study examines the experimental performance of R1336mzz(Z) and R1233zd(E) in a
laboratory HTHP with 5 to 10 kW heating capacity. The developed heat pump is single-stage,
operates with a variable speed piston compressor, and contains a continuously adjustable internal
heat exchanger (IHX) for superheating control. The performance data were measured at 30, 50,
and 70 K temperature lift (40 to 80°C heat source, 80 to 150°C heat sink). At W60/W110 the
experimental results with R1233zd(E) showed a COP of 2.8 (basic cycle) and 3.1 with IHX
integration (+15%). For R1336mzz(Z) a COP of 2.4 and 3.0 was reached (+24%). At higher
temperatures tested, the deviations between the measured COP with R1336mzz(Z) and
R1233zd(E) were within the measurement uncertainty. Moreover, R1336mzz(Z) achieves
potentially higher condensing temperatures due to its higher critical temperature. By increasing the
heat sink temperature glide from 5 to 30 K, a further 15% COP increase was achieved.
Keywords: High temperature heat pump, HFO, HCFO, R1336mzz(Z), R1233zd(E), R1224yd(Z),
efficiency, COP

1. INTRODUCTION
High temperature heat pumps (HTHP) with heat sink temperatures in the range of 100 to 160 °C
will become increasingly available on the market in the coming years (Arpagaus et al., 2017,
2018b, 2018c). Potential applications for HTHP are found in various industrial processes such as
drying, sterilization, steam generation, papermaking, food preparation, and heat recovery. Waste
heat at a low temperature can be efficiently converted into usable process heat. The replacement
of fuel driven steam boilers by heat pumps would be a significant contribution (Nilsson et al., 2017).
In addition, multi-temperature heat pumps using multiple heat sources and heat sinks with different
temperature levels are potential systems to further increase system efficiency (Arpagaus et al.,
2016).
There is a high level of research activity in the field of HTHP technology development at the
international level. The main research objectives are the extension of heat source and sink
temperatures to higher values, the improvement of heat pump efficiency, the testing of new
environmentally friendly refrigerants, and in particular the scale-up from laboratory to industrial
scale. With the stricter F-Gas regulation, only refrigerants with a global waring potential (GWP) of
less than 150 may be used in new commercial heat pumps starting from 2022. The greenhouse
effective hydrofluorocarbon (HFC) refrigerants R245fa and R365mfc (GWP of 858 and 804) are
therefore subject to a "phase-down" (i.e. reduction of production and consumption) in most
industrialised countries. Replacement refrigerants are currently being developed and researched.
Natural refrigerants such as water (R718) or hydrocarbons (e.g. R600 and R601) are promising
environmentally friendly substitutes. However, special heat pump cycles with multi-stage
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compression (e.g. vapour recompression) or sophisticated safety measures due to flammability are
required, which can increase system costs.
In recent years, various hydrofluoroolefins (HFO) and hydrochlorofluoroolefins (HCFO) have been
developed which exhibit very low GWP, are non-combustible and have great potential for use as
refrigerants in HTHPs. Table 1 lists some suitable HFO and HCFO refrigerants including their
thermodynamic, environmental and safety parameters. R1233zd(E) with a critical temperature of
166.5 °C and a critical pressure of 36.2 bar is available as Solstice®zd from Honeywell or
Forane®HTS 1233zd from ARKEMA. Although R1233zd(E) contains chlorine, its ODP is extremely
small (0.00034) and the atmospheric lifetime is only 40.4 days (Patten & Wuebbles, 2010). The
advantages of R1336mmz(Z) are the higher critical temperature of 171.3°C at a feasible pressure
of 29.0 bar. Its safety class is A1, and it has a GWP of 2, an ODP of 0, and an atmospheric life of
only 22 days (Myhre et al., 2013). Chemours commercialized R1336mzz(Z) under the brand
Opteon™MZ. Polyolester oil (POE) with high viscosity is recommended as lubricant, as it is fully
miscible over wide ranges of temperatures and compositions (Kontomaris, 2014a, 2014b).
R1224yd(Z) is another non-combustible (A1) HCFO refrigerant designed for use in heat pumps for
waste heat recovery. AGC Chemicals (Asahi Glass) markets the refrigerant as Amolea®1224yd
(AGC Chemicals, 2017). With an ODP of almost zero (0.00012, atmospheric lifetime of 21 days)
and a GWP < 1, it has a low environmental impact. The physical properties are close to R245fa
and R1233zd(E). Relatively little information is available on R1234ze(Z), which has a critical
temperature of 150.1°C and a critical pressure of 35.3 bar (Kondou and Koyama, 2015). Its GWP
is < 1 (Myhre et al., 2013) and its flammability is rated with A2L (Fukuda et al., 2014). R1234ze(Z)
is assessed as a promising “drop-in” substitute for R114 in HTHP applications (Brown et al., 2009).
Table 1. Properties of HFO and HCFO refrigerants suitable for HTHP (bold: refrigerants tested in
this study, HFC refrigerants R365mfc and R245fa for comparison)

Refrigerant

Brand (manufacturer)

R1336mzz(Z)
R1234ze(Z)

OpteonTMMZ (Chemours)
not yet available
Solstice®zd (Honeywell)
Forane®HTS 1233zd
(ARKEMA)
AMOLEA®1224yd (AGC
Chemicals)
Solkane®365mfc (Solvay)
Genetron®245fa (Honeywell)

R1233zd(E)
R1224yd(Z)
R365mfc
R245fa

Tcrit
pcrit
(°C) (bar)
171.3 29.0
150.1 35.3

ODP
(-)
0
0

GWP100
(-)
2
<1

Lifetime
(days)
22
18

NBP
(°C)
A1 33.4
A2L 9.8
SG

166.5

36.2

0.00034

1

40.4

A1

18.0

155.5

33.3

0.00012

<1

21

A1

14.0

186.9
154.0

32.7
36.5

0
0

804
858

8.7 years
7.7 years

A2
B1

40.2
14.9

Table 2 shows an overview of experimental studies published in the literature on HTHPs with
R1336mzz(Z) and R1233zd(E). The heating capacities range from about 1.8 to 12 kW for the
laboratory prototypes (Arpagaus et al., 2018a; Fleckl et al., 2015; Fukuda et al., 2014; Helminger et
al., 2016). The commercial HeatBooster S4 from Viking Heat Engines (2018) represents the
industrial benchmark with heat sink outlet temperatures of up to 160 °C using R1336mzz(Z) and up
to 200 kW heating capacity (Nilsson et al., 2017; Viking Heat Engines, 2018). Four piston
compressors are connected in parallel to increase the capacity. Helminger et al. (2016) reported a
highest heat sink outlet temperature of 156.3 °C (condensation at 160°C) in a single-stage
laboratory HTHP with IHX with a coefficient of performance (COP) of 2.67 and a temperature lift of
47.4 K. In a previous study, Fleckl et al. (2015) reached 150°C with a basic cycle at a COP of 2.4
and a temperature lift of 70 K.
Table 2. Published experimental research studies testing HFO refrigerants in HTHP systems

Organisation
partners
AIT, Chemours,
Bitzer
Viking Heating
Engines AS
NTB Buchs,

Refrigerant

Heat sink/
source T (°C)

Heating
capacity
(kW)

Compressor

R1336mzz(Z)

75-160/30-110

12

Piston

R1336mzz(Z)

80-160/35-110

75-200

R1233zd(E)

70-150/40-80

3-10

Piston
(4 parallel)
Piston

Cycle

References

1-stage
with IHX
1-stage
with IHX
1-stage with

(Helminger et
al., 2016)
(Nilsson et
al., 2017)
(Arpagaus et
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SCCER EIP

adjustable
al., 2018a)
IHX
In our previous study, first experimental results of a single-stage laboratory HTHP system using
R1233zd(E) (Solstice®zd from Honeywell) have been presented. At the reference point conditions
(W60/W110) a COP of 2.43 was achieved (Arpagaus et al., 2018a). The system was capable of
testing heat source temperatures of 40 to 80 °C and sink temperatures of 80 to 150 °C.
This paper continues these studies and examines the performance of R1336mzz(Z) (OpteonTMMZ
from Chemours) and R1233zd(E) (Solstice®zd from Honeywell) in the same laboratory HTHP plant
after improved insulation of some components (e.g. oil separator, liquid receiver, and suction line
accumulator) with Armaflex®HT insulation. The system design with the integration of an IHX into
the cycle and the experimental test results of a parameter study are presented and compared with
literature data. In particular, the COP is investigated as a function of the temperature lift between
the heat source and the heat sink, the temperature glide on the heat sink side and the refrigerant
charge.

2. EXPERIMENTAL DESIGN AND TEST PROCEDURE
Figure 1 illustrates the developed HTWP laboratory plant (A) with the schematic diagram (B) and
the two pressurized water loops for the heat source and heat sink (C). The HTHP is single-stage
and operates with a variable-speed semi-hermetic piston compressor (Bitzer, 2DES-3Y New
Ecoline). An integrated temperature sensor prevents overheating of the motor with a switch-off
temperature of approx. 110°C. The heat pump contains an IHX for increasing the suction gas
temperature (T1), which ensures dry compression and simultaneously subcools the refrigerant after
condensation.
The superheat for controlling the expansion valve (EXV) is measured after the evaporator at state
point 6 (before the IHX) and was set to 5 K for all experiments (∆𝑇!" = 𝑇 𝑝! − 𝑇! ). The liquid
subcooling after the condenser was calculated by ∆𝑇!" = 𝑇 𝑝! − 𝑇! .
The refrigerant mass flow through the IHX is continuously adjustable from 0% to 100% via a 3-way
valve (Siemens). A receiver serves as a refrigerant collector after condensation and ensures liquid
refrigerant prior to the expansion valve. An oil separator is installed on the high pressure side,
which returns the collected oil back to the compressor via a cooling pipe. The heat exchangers are
compact plate heat exchangers with low pressure drops. The heat source inlet temperature
(𝑇!"#$%&,!" ) can be varied between 40 and 80 °C and the heat sink outlet temperature (𝑇!"#$,!"# )
between 70 and 150 °C. The heat source circuit simulates potentially available waste heat from an
industrial process and includes a controllable electrical heater (Backer ELC, 10 kW), a water pump
with adjustable flow rate, and an expansion vessel with safety valve. The heat sink represents a
potential HTHP application (e.g. steam generation or drying process) and includes a water cooler
to dissipate the generated heat to the environment. The electrical heater controls the heat source
inlet temperature (𝑇!"#$%&,!" ) and a control valve (BELIMO, 2-way zone valve with rotary actuator)
at the inlet of the water cooler the heat sink inlet temperature (𝑇!"#$,!" ) into the condenser.
The temperatures are measured with calibrated thermocouples (type K, class 1) with an accuracy
of ± 0,1 K. Differential temperature measurement is used at the input and output of the heat pump
(∆𝑇!"#$ , ∆𝑇!"#$%& ). A Coriolis flow meter (E+H, Promass F300) measures the water mass flow in the
heat sink circuit with an accuracy of ± 0.05 %. A power transmitter (Infratek, ITL-101) measures the
electrical power consumption of the compressor with an accuracy of ± 3 %. A CompactRIO® cRIO9022 from National Instruments in combination with LabVIEWTM2017myRio is used for data
acquisition and control. All components are commercially available without modifications.
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Figure 1: (A) Experimental setup, (B) schematic diagram, and (C) hydraulic loops (heat source
and heat sink) of the developed laboratory scale HTHP plant

More details on the components and sensors are described in the paper of Arpagaus et al.
(2018a). The filling quantities for the refrigerants R1233zd(E) and R1336mzz(Z) were 4.2 kg and
4.1 kg, respectively. To achieve sufficient lubrication at high operating temperatures, POE oil
(Reniso Triton SE170) was selected with a kinematic viscosity of 173 mm2/s at 40°C (17,6 mm2/s
at 100 °C).
After heating up the HTHP to the desired heat source and heat sink temperatures, the water flow
rates in the two hydraulic circuits were adjusted by the pumps to receive constant temperature
differences of 3.0 ± 0.1 K at a heat source (∆𝑇!"#$%& ) and 5.0 ± 0.1 K at the heat sink (∆𝑇!"#$ ).
Mean values of at least 5 minutes under stationary conditions were used for the data analysis. The
heating COP was determined from the measured heating capacity (𝑄!"#$ ) and the electrical power
consumption of the compressor (𝑃!" ) according to Eq. (1). The 2nd Law efficiency was determined
by Eq. (2). The temperature dependence of the specific heat capacity of water was taken into
account.
𝐶𝑂𝑃! = 𝑄!"#$ 𝑃!" = 𝑚!! ! ∙ 𝑐!,!! ! (𝑇) ∙ ∆𝑇!"#$
!!"

Eq. (1)

𝑃!"

= 𝐶𝑂𝑃! 𝐶𝑂𝑃!"#$%& with 𝐶𝑂𝑃!"#$%& = 𝑇!"#$,!"#

𝑇!"#$,!"# − 𝑇!"#$%&,!"

Eq. (2)

3. EXPERIMENTAL RESULTS AND DISCUSSION
3.1.

Results with R1233zd(E)

The most important measurement results of the parameter study with R1233zd(E) are illustrated in
Figure 2 (A) to (F). Figure 2 (A) shows the experimentally measured 𝐶𝑂𝑃! of the laboratory plant
as a function of the investigated heat sink outlet temperature (𝑇!"#$,!"# ) at different temperature lifts
(∆𝑇!"#$ = 𝑇!"#$,!"# − 𝑇!"#$%&,!" ) from 30 to 70 K. As expected, the COP increased with smaller
temperature lift and higher heat sink outlet temperature according to the Carnot relationship (Eq.
2). At the reference point (Ref) W60/W110 (50 K temperature lift) a COP of 2.8 ± 0.2 was
measured with the basic cycle. The better insulation of the heat pump compared to the earlier
studies by Arpagaus et al. (2018a) led to an increase in efficiency of about 15%. In comparison to
the basic cycle, the integration of the IHX into the circuit led to a further COP increase of approx.
15% to 3.1. Since the suction gas superheat is achieved in the IHX and not in the evaporator, the
evaporation temperature in the IHX circuit is higher than in the basic cycle. This results in a higher
refrigerant density at the compressor inlet and an increased efficiency. The maximum heat sink
temperature tested was 150°C, whereby a COP of 2.1 was achieved with a heat source of 80°C
(70 K lift). The slightly decreasing COP curve at 70 K lift is the result of the narrower two-phase
region for condensation near the critical point and the increasing heat losses (𝑄!"## ) of the system
due to natural convection and radiation of the uninsulated parts (i.e. compressor).
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Figure 2: Experimental results with the refrigerant R1233zd(E). (A) Operating map, (B) heating
capacity, (C) COP vs. heat source temperature with and without IHX, (D) influence of the IHX on
the COP at the reference point (W60/W110), (E) efficiency increase with higher temperature glide
on the heat sink side, (F) curve fit of the COP measurement data vs. temperature lift

Heat losses of about 21 ± 7 % could be estimated from the energy balance of the heat pump
(𝑄!"## ≈ 𝑄!"#$%& + 𝑃!" − 𝑄!"#$ ) leading to a 2nd Law efficiency of about 39 ± 2 % (with IHX in the
cycle) (see Figure 2, F). In other words, there is still potential for optimisation in insulation
(especially at the compressor) and possibilities for increasing efficiency. For large-scale
application, the relative heat losses will be significantly lower due to higher energy density of the
heat pump.
Figure 2 (B) illustrates the heating capacity (𝑄!"#$ ) as a function of the heat source inlet
temperature (𝑇!"#$%&,!" ) at constant temperature lifts (∆𝑇!"#$ ). The heating capacity increased
steadily with temperature according to Carnot's relationship (Eq. 2). At Ref conditions, the heating
capacity was about 5.8 kW and increased to about 10 kW at W80/W110. At this operating point,
the heat pump reached its experimental capacity limits.
Figure 2 (C) provides an overview of the entire operating map of the HTHP with and without IHX at
the same experimental temperature conditions. The increase in efficiency with the use of the IHX is
evident. For example, the COP at W80/W150 increased from 1.6 to 2.1 or at W60/W110 (Ref) from
2.8 to 3.1. For W80/W130, the suction (T1) and discharge (T2) temperatures were 112 °C and
161 °C, respectively, and thus close to the temperature limit of the compressor motor. Excessively
high discharge gas temperatures are limited by the compressor switch-off temperature.
Figure 2 (D) shows the influence of the IHX on the COP from 0 to 100 % opening degree of the 3way valve at the reference point (W60/W110). Compared to the basic heat pump cycle, the suction
gas is additionally superheated in the IHX and the liquid refrigerant subcooled. When the IHX is
integrated, both the suction gas (T1) and discharge gas (T2) temperatures as well as the COP
increased due to the higher heating capacity. The COP levelled off with increasing flow through the
IHX, indicating a sufficiently large IHX heat exchanger. The integration of the IHX provides
additional flexibility in superheat control for future applications with alternative low GWP
refrigerants that require high superheat (strongly overhanging two-phase region to the right in the
log(p)-h diagram).
The graph in Figure 2 (E) shows the effect of a higher heat sink temperature glide (∆𝑇!"#$ ) on the
COP varied from the Ref conditions as an example of a potential process heating application. With
increasing temperature glide from 5 to 30 K (at constant 𝑇!"#$%&,!"# ) the heat transfer in the
condenser improves, which led to a 12 % higher heating capacity and approx. 15 % higher COP.
Figure 2 (F) shows the determined COPs of the entire measurement data as a function of the
respective temperature lift between heat source and sink. The COP values decrease with higher
temperature lift and correspond to a curve with 39 ± 2 % and 34 ± 3 % 2nd Law efficiency (η2nd) for
the IHX cycle and the basic cycle, respectively.
3.2.

Results with R1366mzz(Z)

The experimental results with R1336mzz(Z) are shown in Figure 3 (A) to (E). Figure 3 (A) presents
the system performance as a function of the investigated heat sink outlet temperature (𝑇!"#$,!"# ) at
different temperature lifts (∆𝑇!"#$ ) from 30 to 70 K. At the reference point (Ref) W60/W110, a COP
of 2.4 was achieved with the basic cycle. The integration of the IHX into the circuit significantly
increased efficiency across the entire operating map, e.g. up to +47% at W80/130 (50 K
temperature lift). This is in line with Helminger et al. (2016) where an efficiency increase of 4 to 10
% and 19 to 47 % at about 20 K and 45 K temperature lift was observed with the integration of an
IHX.
Figure 3 (B) shows the heating capacity (𝑄!"#$ ) as a function of the heat source inlet temperature
(𝑇!"#$%&,!" ) at constant temperature lifts (∆𝑇!"#$ ). The IHX significantly increases the heating
capacity compared to the basic cycle, especially for high temperature lifts between heat source
and heat sink. The heating capacity under Ref conditions was approx. 3.4 kW and increased to
approx. 7.8 kW at W80/W110 with IHX cycle. Overall, the heating capacity of R1336mzz(Z) was
about 46 to 76% lower than that of R1233zd(E). This is due to the lower volumetric heating
capacity (VHC) of R1336mzz(Z). A larger compressor would be required to achieve similar heating
capacities as R1233zd(E). This is in agreement with simulation studies by Arpagaus et al. (2018b),
where at 60 °C/130 °C (evaporation/condensation temperatures) VHC values of 1'779 kJ/m3 and
2'594 kJ/m3 (+46%) were calculated for R1336mzz(Z) and R1233zd(E), respectively.
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Figure 3 (C) shows the operating map without and with IHX in the cycle at the same experimental
temperature conditions as in Figure 3 (A). The increase in efficiency with the use of the IHX is
evident as in the operating map of R1233zd(E) (see Figure 2, C). For example, at operating point
W80/W150 (70 K lift) a COP of 1.8 could be measured.
Figure 3 (D) shows the suction (T1) and discharge (T2) temperatures as a function of the heat sink
outlet temperature. Overall, the suction temperature in the basic cycle (Δ) was well below the motor
shut-off temperature of approx. 110°C (indicated by a grey line). With the IHX cycle, the suction
temperature (¡) exceeded the motor limit temperature at a heat sink outlet temperature of about
130°C and higher. However, short-term experiments over several minutes were still possible to
run, especially at 150°C.
Figure 3 (E) illustrates the influence of refrigerant charge for R1336mzz(Z) on COP under
reference conditions with the IHX cycle. With increasing refrigerant charge, the COP reached a
plateau and the performance became almost independent of the charge. This result is of practical
interest, as the experimental tests were carried out with a charge of 4.1 kg. The liquid receiver (5.6
L volume) ensured liquid refrigerants prior of the expansion valve. In addition, the sight glass in the
liquid line between condenser and expansion valve was inspected to be clear (no presence of gas
bubbles), as a rough check for sufficient refrigerant charge.
Figure 3 (F) shows the measured COP data of the basic and IHX cycle as a function of the
temperature lift. Positive effects on the COP are a small temperature difference between heat
source and heat sink. 2nd Law efficiencies of 34 ± 3 % and 29 ± 3 % were obtained, respectively.
For comparison, Fleckl et al. (2015) reported values of about 35 to 50 % in a laboratory singlestage heat pump with R1336mzz(Z).

Figure 3: Performance figures with the refrigerant R1336mzz(Z). (A) Operating map, (B) heating
capacity, (C) COP vs. heat source temperature with and without IHX, (D) discharge and suction
gas temperatures, (E) influence of the refrigerant charge on the COP at the reference point
(W60/W110), (F) curve fit of the COP measurement data vs. temperature lift

Figure 4 (A) compares the measured operating maps of the refrigerants R1233zd(E) and
R1336mzz(Z) in the HTHP with the IHX cycle at the same temperature conditions (Figure 2 A and
Figure 3 A). The comparison indicates that the heat pump was capable of achieving a slightly
higher COP with R1233zd(E) than with R1336mzz(Z) at heat sink outlet temperatures of up to
about 110°C.
This is attributed to the smaller heating capacity of R1336mzz(Z), which means that the relative
heat losses are more significant. Thereafter the deviations are in the measurement uncertainty of
the experiments. At higher temperatures, both refrigerants have comparable efficiency.
R1336mzz(Z) achieves potentially higher condensing temperatures due to the higher critical
temperature of 171.3°C (compared to 166.5 °C of R1233zd(E)). In this study, the maximal tested
heat sink temperature was 150 °C.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4244

Figure 4: (A) Comparison of the operating maps of (A) R1233zd(E) vs. R1336mzz(Z). (B) and (C)
Comparison of the R1336mzz(Z) operating map with literature data from Helminger et al. (2016)
(laboratory scale setup) and Nilsson et al. (2017) (HeatBooster from Viking Heating Engines)

Figure 4 (B) and (C) compare the performance map of R1336mzz(Z) at different temperature lifts
with literature data from Helminger et al. (2016) and Nilsson et al. (2017). Helminger et al. (2016)
reported heat sink temperatures of up to 156.3°C and a COP of almost 2.7 with a temperature lift
of about 45 K. The 2nd Law efficiency of the laboratory setup corresponded to 34 ± 3%, thus similar
to our study. The commercial HeatBooster technology achieves a higher efficiency with a 2nd Law
efficiency of 41 ± 3 %. Even at 60 K temperature lift, a COP of 2.5 is achieved. This increase in
performance is partially attributable to a larger temperature glides tested on the heat sink side of
10 and 20 K, compared to 5 K in this study, which leads to an increase in efficiency. In addition,
with larger heating power the relative heat losses are smaller.

4. CONCLUSIONS
The operating maps of a laboratory HTHP system with the refrigerants R1233zd(E) and
R1336mzz(Z) could be experimentally examined at 40 to 80 °C heat source and 70 to 150 °C heat
sink temperatures. The integration of an IHX in the heat pump cycle significantly increased the
efficiency and the heating capacity over the entire operating map. At W60/W110 (reference point) a
heating COP of 2.8 was achieved for R1233zd(E) with the basic cycle and 3.1 with IHX integration
(+15%). For R1336mzz(Z) a COP of 2.4 was reached with the basic and 3.0 with the IHX cycle
(+24%). Up to a heat sink outlet temperature of about 110°C, R1233zd(E) delivered a slightly
higher COP than R1336mzz(Z) due to higher heating capacity and smaller relative heat losses at
the same temperature conditions. At the higher temperatures tested, the deviations between the
measured COP with R1336mzz(Z) and R1233zd(E) were within the measurement uncertainty (±
0.21 COP). R1233zd(E) provided a heating capacity on 5.8 kW at the reference point and approx.
10 kW at W80/W110, which corresponded to the capacity limit of the laboratory plant. With
R1336mzz(Z) a maximum heating capacity of 7.8 kW could be achieved. For R1336mzz(Z) a
larger compressor would be required to achieve similar heating capacities as R1233zd(E).
Moreover, R1336mzz(Z) achieves potentially higher condensing temperatures due to its higher
critical temperature of 171.3 °C. An increase in the temperature glide on the heat sink side from 5
to 30 K raised the COP by another +15%, which is promising in process with low return
temperatures. A larger temperature glide improved the heat transfer in the condenser. As
expected, the COP curves decreased with increasing temperature lift and corresponded to an
average Carnot efficiency (2nd Law efficiency) of 39% for R1233zd(E) and 34% for R1336mzz(Z)
with the IHX cycle. These values are comparable with the results of Helminger et al. (2016) in
another HTHP laboratory setup, but lower than with the commercial HeatBooster technology,
which achieves an average efficiency of approx. 41% at 20 kW (Nilsson et al., 2017). The
experimental results are promising as the developed HTHP system allows testing alternative HFO
and HCFO refrigerants like R1224yd(Z), R1336mzz(E) and R1233zd(E) with stabilizing additives in
the future. Temperature-resistant compressors and lubricating oils are decisive components for the
further development and commercialization of HTHPs.
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NOMENCLATURE
COP
cp
ΔT
η2nd
GWP100
HCFO
HFC
HFO

coefficient of performance (–)
specific heat capacity (kJ/kg-K)
temperature difference (K)
nd
2 Law efficiency (η2nd= 𝐶𝑂𝑃! 𝐶𝑂𝑃!"#$%& )
global warming potential, 100 years
hydrochlorofluoroolefin
hydrofluorocarbon
hydrofluoroolefin

Lift
ODP
p, T
Pel
POE
𝑄
Ref
SC, SH

temperature lift from heat source to sink
ozone depletion potenial
pressure (bar), temperature (°C)
electrical power (kW)
polyolester oil
heating capacity (kW)
reference point conditions
subcooling, superheating
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HTHP
IHX
in, out

high temperature heat pump
internal heat exchanger
inlet, outlet

SG
Sink, Source
VHC

safety group classification
heat sink, heat source
3
Volumetric heating capacity (kJ/m )
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ABSTRACT
An innovative high-efficient 1.3 kW open sorption thermal storage (STS) prototype using multilevel
cascade reactors is experimental investigated for space heating. It can solve the performance
degradation problem of traditional STS systems, by cascading two reactors which was packed with
activated alumina/LiCl composite and SrBr2·H2O, respectively. Its performance under different
relative humidity (60%, 80% RH) and flow rate (30, 39 m3/h) of inlet air at 20 oC were tested,
whose results were compared with that of the same size reactor packed with only activated
alumina/LiCl composite. The results prove that the cascaded reactor with different sorbents can
increase the storage density from 191 kWh/m3 to 252 kWh/m3 under the condition of 20 oC and 80%
RH. It also indicates that the output temperature (from 35 to 40 oC) and power (from 120 to 200 W)
can be adjusted by changing the relative humidity and flow rate of the inlet air.
Keywords: Thermal energy storage, Modular cascade reactor, Water vapour, Mass and heat
transfer.

1. INTRODUCTION
The energy demand for space heating is continuously growing with the increase of population and
technology (Henning, 2007), which leads to the serious problems of adding the burden of power
system. And it also brings environmental pollution since the heat for space heating is still mainly
comes from the burning of fossil fuels. However, the existing space heating devices like air-driven
heat pump and electric heater cannot solve the above two problems at the same time. Recently,
sorption thermal energy storage (STES) is receiving burgeoning interests as a novel technology
applied for space heating by utilizing off-peak electricity (Aydin et al., 2016 & Zhang et al., 2017). It
can relieve the burden of the power system by store the off-peak electricity for the usage in peak
load duration. Furthermore, it can reduce the depletion of fuel fuels. It has prominent advantages of
alleviating the mismatch between energy supply and demand and not damaging the environment
(Donkers et al., 2017).
Recently, the open sorption thermal storage (STES) devices are still in the lab-scale investigation
stage. And its large-scale application requires higher energy storage density stable working
performance. The ordinary reactor which bulked with one type sorbent encounters the performance
degradation problem (Aydin et al., 2016 & Zhang et al., 2017 & Nonnen et al., 2016 & Xu et al.,
2018), which is caused by the varied parameters of the flowing air along the reactor. In former
study (Zhang et al., 2017), an open sorption reactor with two modules packed with activated
alumina/LiCl composites was experimentally investigated. The results indicated that compared with
the former reactor module, the second reactor module showed extremely worse performance with
lower sorption capacity and smaller storage density. Besides, the two reactor modules need the
same charging temperature, but smaller heat is provided to the second reactor module since the
first reactor module receive the desorption heat in priority. In consequently, it takes longer to finish
the charging process and reduce the system efficiency.
In this study, a 1.3 kWh compact open sorption prototype using multilevel cascade reactors is
experimentally studied and analysed. Activated alumina/LiCl composites with regeneration
temperature of 110 oC and strontium bromide monohydrate (SrBr2·H2O) with regeneration
temperature of 80 oC are packed inside the first reactor module and the second reactor module,
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respectively. Experimental results show that the combination of multilevel sorbents can contribute
to better performance compared with open sorption reactor packed only with Activated
alumina/LiCl composites.

2. SORBENTS SELECTION
Sorbents are the most significant issues to enhance the energy storage density, heat and mass
transfer and system efficiency of the open sorption system. Considering the practical requirement,
the selected sorbent should possesses the following properties: high volumetric energy storage
density, large water uptake amount, strong mechanical strength, high thermal conductivity, good
heat transfer and good mass transfer. Besides these basic requirements, two different types of
sorbents with multilevel charging temperature are needed. The sorbents packed inside the first
reactor module should have higher regeneration temperature than that of the sorbents packed
inside the second reactor module. The sorbents packed inside the second reactor is preferred to
have stronger moisture adsorption ability to ensure quick water uptake under the condition of high
temperature and low relative humidity.
Composite sorbents have promising advantages of high storage density and good heat and mass
transfer. Generally, the commercial porous materials used for developing composite sorbents are
silica gel, zeolite and natural minerals. All of them cannot satisfy the requirement of high thermal
conductivity, high volumetric storage density and strong mechanical strength, as shown in Table 1.
Novel activated alumina/LiCl composite which surpasses the above composite sorbent have been
developed and measured in our previous study (Zhang et al., 2018). In this study, activated
alumina/LiCl composite with salt content of 14.7% is used for the first reactor module. Its
regeneration is about 110 oC. So the sorbents for the second reactor module should have
regeneration lower than 110 oC and stronger water adsorption ability than activated alumina/LiCl
composite. Hydrophilic salts SrBr2·H2O is chosen for its regeneration temperature of 80 oC and
stronger moisture capture ability.
Table 1. Comparison of characteristic properties of common commercial porous matrix
with low charging temperature (80~120 oC) (cited from (Zhang et al., 2018) )
Porous matrix

Bulk density
(kg/m3)

Thermal
conductivity (kg/m3)

Pore volume
(cm3/g)

Mechanical strength

Silica gel
Activated alumina

415
908

0.174
0.279

Expanded vermiculite

128

0.064

0.4~0.9
0.39
4.8
(macropore)

Easy to crash into powder
Excellent
Easy to distortion at
pressure

3. WORKING PRICIPLE AND DEVICE
3.1.

Working principle

The open sorption system works based on the interaction forces between the sorbents and
moisture. The system consists of four main components: a humidifier, a fan, an electrical heater
and a modular reactor. The sorbents are packed inside the reactor. Its whole working cycle
comprises a charging process and a discharging process, as presented in Fig. 1:
(1) In charging mode (off-peak electricity duration in night), cold room air is blown into the
prototype by the fan and then heated to the charging temperature at the function of the electrical
heater. The obtained hot air enters the reactor, where the packed sorbents are regenerated.
Meanwhile, the adsorbed water vapour is released and flows into the flowing air, thus wet hot air is
received, which is further mixed with cold room air to obtain warm wet air for comfortable space
heating at the reactor exit. In this process, the off-peak electricity is stored in the form of chemical
potential of the dry sorbents inside the reactor.
(2) In discharging mode (peak electricity duration in day-time), the indoor air is humidified by the
humidifier and then flows into the reactor, where its moisture content is adsorbed by the sorbents.
Related with the water adsorption process, a large amount of sorption heat is released to heat the
flowing air. As a result, warm air with temperature of 40~45 oC is release to the room for
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comfortable space heating. In this process, the stored off-peak electricity is released for space
heating without additional electricity consumption used to heat the room air.
In all, during both the charging process and discharging process, warm air is able to be supplied
for comfortable space heating. That is to say, the open sorption system can sustainably meet the
space heating demands of the users during a whole day.

Figure 1: Charging-discharging cyclic working modes of open sorption system.

3.2.

Device Design

The photo and schematic of the 1.3 kWh prototype is shown in Figure 2. It has compact vertical
structure, and a humidifier, a fan, an electrical heater and a modular reactor is arranged from
bottom to the top. The modular reactor is the core component, which comprises three cuboidshaped reactor modules with size of 300 mm*300 mm*35 mm. The fan is used to drive the room
air flow into the reactor, which can change the flowing velocity of the inlet air by its connected
frequency transformer. The humidifier is used to increase the moisture content of the inlet air
during discharging mode, and the supplied moisture content can be changed according to the
required relative humidity of the inlet air. The electrical heater is utilized to heat the room air to
regeneration temperature powered by heat sources. And its heating power can be adjusted by the
connected potential transformers and intelligent temperature control meter.
The temperature and relative humidity of the inlet air and outlet air of each reactor module are
measured by three high-temperature thermos-hygrometers (Rotronic HC2-IC102) with accuracy of
±0.1 oC and ±0.8% RH, respectively. The sorbent temperature at the middle layer of each reactor
module is measured three Pt100 temperature sensors with accuracy of 0.15 oC settled in its medial
section. The air speed is measured at the system outlet tube with a diameter of 100 mm, using a
hot-wire anemometer (Kanomax 6533) with a resolution of ±0.015 m/s.
The experimental procedure is as follows: the prototype works in charging mode firstly. Room air is
introduced to the electrical heater by the fan, where the room air will be heated to regeneration
temperature. Then the hot air with regeneration temperature flows into the reactor, and the
adsorbed water of the sorbents is released. Thus the electricity is stored in the obtained dry
sorbent. It is assumed that the charging process is finished when the temperature difference
between the inlet air and outlet air doesn’t change. After the sorbents inside the reactor cool down
to the room temperature, the discharging process is started. Room air is humidified by the
humidifier, and then flows into the reactor at the driving force imposed by the fan. In the reactor,
the contented moisture of the flowing air is adsorbed by the sorbents, and the flowing air is thus
heated by the related released heat. The discharging process is ended when the outlet air
decreases to room temperature.
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(a)

(b)

Figure 2: (a) Photo of the prototype; (b) Schematic of the open sorption thermal storage
prototype.

3.3.

Analysis method

Parameters reflecting the prototype performance including temperature lift of the inlet air (ΔT),
water uptake capacity (xtotal), sorption heat (Qsor), desorption heat (Qdes) and volumetric energy
storage density (Qv) are calculated based on the measured air temperature, sorbent temperature,
flow rate and relative humidity of the inlet and outlet air. The calculation equations are as follows:
Eq. (1)
ΔT = To − Ti

xtotal = ∫
Qsor = ∫
Qdes = ∫

tsor

0
tsor

0
tdes

0

qm (d i − d o )dt

Eq. (2)

qmC p (To − Ti )dt

Eq. (3)

qmC p (Ti − To )dt

Eq. (4)

Qv = Qsor / Vreactor

Eq. (5)
Where Ti and To is the temperature of inlet air and outlet air, respectively. di and do is the moisture
content of the inlet air and outlet air, respectively. qm is the flow rate of the flowing air. Cp is the
specific heat capacity of the flowing air. Vreactor is the volume of the reactor.

4. RESULTS AND DISCUSSIONS
4.1.

Comparisons with traditional open sorption reactor

Experimental results demonstrate that the open sorption reactor packed with two types of sorbents
show obvious better performance compared with that of the reactor with the same size packed with
only one type of sorbent, as shown in Figure 3. Under the working condition of 20 oC, 70% RH and
30 m3/h, the device packed with activated alumina/LiCl composites can reach volumetric storage
density of 146.1 kWh/m3. Although the volumetric energy storage density of its first module is 201
kWh/m3, the volumetric storage density obtained by its second module is only 90.5 kWh/m3. When
the activated alumina/LiCl composites inside the second reactor module, the volumetric storage
density of the second reactor module can be as high as 276.2 kWh/m3, thus the total energy
storage density of the whole device can reach to as high as 221.3 kWh/m3.
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(a)

(b)

Working condition:
20 oC, 70% RH, 30 m3/h

201.8

200
180
160

146.1
140
120
100

285

Energy storage density (kWh/m3)

Energy storage density (kWh/m3)

220

90.5

276.2

Working condition:
20 oC, 70% RH, 30 m3/h

270
255
240

221.3

225
210
195

177.1

180
165

80
First reactor module Second reactor module

First reactor module Second reactor module

Whole reactor

Whole reactor

Figure 3: Comparison of the volumetric energy storage density of open sorption reactor using:
(a) one type of sorbents (activated alumina/LiCl composites); (b) two types of sorbents
(activated alumina/LiCl composites and SrBr2·H2O).

4.2.

Performance under different working conditions

The practical application of the open sorption system needs to adjust the performance according to
varied demands of the users. Experiment results indicate that the output temperature and space
heating time can be easily adjusted by changing the relative humidity and flow rate of the inlet air.
The experimental performances of the 1.3 kWh open sorption prototype under conditions of
different relative humidity and flow rates are shown in Figure 4a &b, respectively. As presented in
Figure 4a, the output temperature increases from 35.1 to 38.1 oC when the relative humidity
increases form 60% RH to 80% RH. It is noted that the lasting time of the space heating process
does not change with the increased relative humidity. As shown in Figure 4b, the output
temperature does not change with the varied flow rate. And the lasting time of the space heating
process decreases with the increased flow rate. Correspondingly, the output power increases with
the increased flow rates of the inlet air.
In conclusion, the open sorption system can easily satisfy the varied demands for space heating.
The output temperature, output power and operation time for space heating in buildings can be
adjusted by changing the relative humidity and flow rate of the inlet air.

Output temperature (oC)

44

(b)

Working condition: 20 oC, 30 m3/h of inlet air
80% RH

40

60% RH

36
32
28
24
20
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3

4
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Time (h)

7

8

9

10

39

Output temperature（oC）
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Working condition: 20 oC, 60% RH of inlet air

36

30 m3/h
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30
27
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8

9
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11

Time (h)

Figure 4: Performance under working conditions of: (a) different relative humidity; (b) different flow
rate.

5. RESULTS AND DISCUSSIONS
This study proposes a novel open sorption system using multilevel cascade reactors for space
heating. Through using different types of sorbents inside different reactor modules, the degradation
problem of the traditional using only one type of sorbent caused by the varied parameters of the
following air is solved. The volumetric storage density the novel system is 1.5 times that of the
traditional system. The volumetric energy storage density of the 1.3 kWh prototype can be as high
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as 252 kWh/m3 under the working condition of 20 oC and 80% RH. Besides, the novel can adjust to
varied demands of the users by changing the relative humidity and flow rate of the inlet air. It
indicates that the value of output temperature (from 35.1 to 38.1 oC) and power (from 120 to 200 W)
can be adjusted by changing the relative humidity and flow rate of the inlet air.
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NOMENCLATURE
ΔT

temperature lift of the inlet air pressure (oC)

Qv

released sorption heat during discharging
process (kJ)
volumetric energy storage density (kWh/m3)

To

temperature of the outlet air (oC)

Qsor

do
Cp

xtotal
Qdes
Ti
di

moisture content of the outlet air (g/kg dry
air)
specific heat capacity of the flowing air
(kJ/(kg·K))

total water uptake capacity during
discharging process (g)
input desorption heat during charging
process (kJ)
temperature of the inlet air (oC)
moisture content of the inlet air (g/kg dry
air)

qm

massive flow rate of the flowing air (kg/s)

Vreactor

volume of the reactor (m3)
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ABSTRACT
High temperature heat pumps with heat sink temperatures of 100 to 160 °C have great application
potential in the food, paper, and chemical industries for heat recovery and process heat generation
in drying, sterilization, and evaporation processes. The present study compares the theoretical
performance of the low GWP refrigerants R1336mzz(Z), R1224yd(Z), R1234ze(Z), and R1233zd(E)
in common one- and two-stage heat pump cycles (internal heat exchanger, economizer, flash tank,
cascade) at different temperature levels. The thermodynamic simulations reveal that, depending on
the refrigerant and cycle, a trade-off between system complexity (e.g. control, number of
components), efficiency, and volumetric heating capacity (VHC) has to be found. Optimal COPs are
reached depending on the refrigerant and its heat outlet temperature. R1336mzz(Z) is suggested as
the closest drop-in replacement for R365mfc, while R1224yd(Z), R1234ze(Z), and R1233zd(E) are
closer to R245fa in terms of COP and VHC. A two-stage cascade with IHX and R1336mzz(Z) in both
stages achieved the highest efficiency for high temperature lifts.
Keywords: COP, Cycle, Efficiency, HFO, HCFO, High temperature heat pump, Low GWP refrigerant

1. INTRODUCTION
Industrial high temperature heat pumps (HTHP) with heat sink temperatures in the range of 100 to
160 °C are expected to increasingly replace fuel-driven steam boilers for the generation of vapor,
hot water and hot air (Arpagaus et al., 2018). The selection of the refrigerant is a key element in the
design of HTHPs. The refrigerant must be safe to the environment, future-proof according to F-gas
regulations, thermodynamically suitable, efficient, and commercially available. In addition, no or only
low flammability (safety groups A1 or A2) are beneficial to reduce the complexity of the safety devices
and thus the equipment costs of the heat pump. The critical temperature needs to be high enough
to enable subcritical cycle operation, which is often required in industries.
Besides natural refrigerants, synthetic hydrofluoroolefins (HFOs) and hydrochlorofluoroolefins
(HCFOs) are considered as part of the fourth generation of low GWP refrigerants to replace
hydrofluorocarbons (HFCs) (Calm, 2008). Commercialized members of the HFO family are for
instance R1234yf and R1234ze(E) and are possible substitutes for R134a in automotive air
conditioners, refrigerators and freezers. The capacities and efficiencies are comparable. Recently,
fluorinated butenes such as R1336mzz(Z) and chlorinated compounds like R1233zd(E) or
R1224yd(Z) were introduced as attractive replacements for R245fa and R365mfc in HTHPs and
Organic Rankine Cycle (ORC) applications. Although HCFOs are chlorinated, their ozone depleting
potential (ODP) is negligibly small (~ 0.00034) due to their short lifetime in the atmosphere (AGC
Chemicals, 2017; Patten and Wuebbles, 2010).
Table 1 compares the fundamental thermodynamic, environmental and technical characteristics of
the mentioned refrigerants. Figure 1 illustrates their T-s and p-T diagrams, as well as the heating
COP as a function of the condensation temperature for a basic heat pump cycle calculation at 50 K
temperature lift between condensation and evaporation (5 K subcooling, 15 K superheat, 70%
isentropic compressor efficiency). The simulated COPs rise to an optimum and decrease with the
narrowing of the two-phase region (smaller condensation enthalpy) up to the critical temperature.
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Table 1. Properties of selected HFO and HCFO refrigerants for HTHP applications (+for
comparison, *40 to 90 °C temperature lift, **fluid properties not yet available in the software EES)

Tcrit
(°C)
R1336mzz(Z) 171.3
R1233zd(E)
165.6
R1224yd(Z)
155.5
R1234ze(Z)
150.1
R1336mzz(E)** 137.7
R1234ze(E)
109.4
R1234yf
94.7
R134a+
101.0
R365mfc+
186.9
R245fa+
154.0

Refrigerant

pcrit pSat,40°C pSat,90°C pRatio* ODP GWP100 Lifetime
(bar) (bar)
(bar)
(-)
(-)
(-)
(days)
29.0
1.3
5.6
4.3
0
2
22
35.7
2.2
8.3
3.9 0.00034
1
40.4
33.4
2.5
9.3
3.8 0.00012
<1
21
35.3
2.9
10.8
3.7
0
<1
10
31.5
3.2
12.2
3.8
0
18
90
36.3
7.7
24.8
3.2
0
<1
16.4
33.8
10.2
30.8
3.0
0
<1
11
40.6
10.2
32.5
3.2
0
1300 13.4 years
32.7
1.0
4.6
4.6
0
804
8.7 years
36.5
2.5
10.1
4.0
0
858
7.7 years

SG
A1
A1
A1
A2L
n.a.
A2L
A2L
A1
A2
B1

NBP
M
(°C) (g/mol)
33.4 164.1
18.0 130.5
14.0 148.5
9.8
114.0
7.5
164.1
-19.0 114.0
-29.5 114.0
-26.3 102.0
40.2 148.1
14.9 134.0

Figure 1: T-s, p-T diagrams, and simulated COP of selected HFO and HCFO refrigerants

R365mfc offers the highest COP over the entire temperature range, followed by R1233zd(E) and
R1336mzz(Z). R1234ze(Z) and R1224yd(Z) are comparable to R245fa, while R1234yf and
R1234ze(E) are similar to R134a. Among the HFO refrigerants, R1336mmz(Z) offers the highest
critical temperature of 171.3 °C at a relatively low pressure of 29 bar. It is non-flammable (A1), has
zero ODP, a GWP of about 2, and an atmospheric life of 22 days. According to Kontomaris (2014) it
is stable up to 250 °C and therefore suitable for applications in waste heat recovery, ORC, and steam
generation. Its isomer R1336mzz(E) has a GWP of about 18, a critical temperature of 137.7 °C and
offers a higher volumetric heating capacity (VHC) (Juhasz, 2017). The VHC is an important
performance parameter for the compressor design as it determines its size and cost. Little
information is available on R1234ze(Z) (Fukuda et al., 2017, 2014; Kondou and Koyama, 2014),
which is considered mildly flammable (A2L, burning velocity of ≤ 10 cm/s) but difficult to ignite.
A characteristic feature of some of the mentioned refrigerants is a positive slope (dT/ds > 0) of the
saturated vapor curves (see Fig. 1, left). Sufficient superheating is thus required to ensure dry
compression.
A cycle design with an internal heat exchanger (IHX) appears to be the most promising. Various
studies demonstrated that a one-stage cycle with an IHX is an efficient configuration at temperature
lifts up to about 40 K (Arpagaus et al., 2018; Bamigbetan et al., 2018; Frate et al., 2019; Helminger
et al., 2016; Juhasz, 2017; Kontomaris, 2014; Mateu-Royo et al., 2018; Nilsson et al., 2017). As the
temperature lift rises, a two-stage cycle becomes a more efficient system configuration. As shown
in Table 2, several studies investigated the theoretical efficiency of HFO and HCFO refrigerants in
different heat pump configurations. Efficiency optimizations are achieved in particular by the
introduction of IHXs, two-stage cycles, and multi-stage extraction cycles.
The simulations of Mateu-Royo et al. (2018) in two-stage cycles and heat sink temperatures of up to
150 °C showed the highest COP using R601 (n-pentane), followed by R1336mzz(Z) and
R1233zd(E). Mota-Babiloni et al., (2018) presented a theoretical study of a two-stage cascade using
R1233zd(E), R1336mzz(Z), R1224yd(Z) and pentane in the high-stage (HS) and R1234yf,
R1234ze(E), R600 (butane), R600a (isobutene) and R290 (propane) in the low-stage (LS). The
highest efficiency was reached with the refrigerant pair pentane/butane (HS/LS). For HFO
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refrigerants the combination R1336mzz(Z)/R1234ze(E) (HS/LS) achieved the highest COP, whereas
R1224yd(Z)/R1234yf showed the lowest efficiency among the investigated refrigerants.
Cao et al. (2014) conducted thermodynamic and economic analyses of various two-stage cycles with
refrigerant R152a and showed that a two-stage heat pump with flash tank provided highest COPs
and lowest payback times. Hu et al. (2017) analysed two-stage and three-stage compression
systems with R1234ze(Z) for waste heat recovery in industrial processes up to 120 °C. Compared
to a one-stage cycle, the COP improvements were between about 9% and 15%. Kondou and
Koyama (2014) explored different multi-stage and cascade cycles for upgrading waste heat from 80
to 160 °C and compared the efficiencies of R365mfc, R1234ze(E), and R1234ze(Z). A three-stage
extraction cycle with R1234ze(Z) achieved the highest efficiency thanks to reduced exergy losses in
the expansion valve and the condenser. A two-stage cascade cycle with R365mfc/R1234ze(Z) also
provided high COPs and practical benefits (i.e. compressor control, lubricant selection).

R1336mzz(Z)
R1233zd(E)
R1224yd(Z)
R1234ze(Z)
R1234ze(E)
R1336mzz(E)
R1234yf
R365mfc
R245fa

HFO and HCFO
refrigerants

X
X
X
X
X X X

X X
X X
X X
X X
X X X
X

X
X
X X X
X
X
X X
X X X X
X X X X

X
X
X
X
X

Basic cycle
1-stage with IHX
2-stage with IHX
2-stage with economizer and
IHX
2-stage with flash tank and
IHX
2-stage extraction
2-stage cascade extraction
2-stage cascade with IHX
Triple tandem with IHX
3-stage with flash tanks
3-stage extraction

Table 2. Theoretical studies with HFO and HCFO refrigerants in different HTHP cycles

X

X
X X

X
X

X

X
X

X

X
X

X
X X
X X
X X X

X
X

X

X

X X
X
X
X

X X

X

Reference
(Fukuda et al., 2017, 2014)
(Kondou and Koyama, 2015)
(Juhasz, 2017; Kontomaris, 2014)
(Helminger et al., 2016)
(Mota-Babiloni et al., 2018)
(Hu et al., 2017)
(Frate et al., 2019)
(Mateu-Royo et al., 2018)
(Bamigbetan et al., 2018)
(Arpagaus et al., 2018)
This study

As Table 2 shows, a comprehensive comparison of HFO and HCFO refrigerants with low GWP in
different heat pump cycles is still a research gap. As a follow-up study to the review paper by
Arpagaus et al. (2018), this study examines the suitability of the working fluids R1336mzz(Z),
R1233zd(E), R1224yd(Z), R1234ze(Z), R1234ze(E) and R1234yf for HTHP application and presents
simulations in the following heat pump cycles:
•
•
•
•

One-stage cycle with IHX
Two-stage cycle with economizer and IHX
Two-stage cycle with flash tank and IHX
Two-stage cascade with two IHX

The goal of this study is the evaluation of the thermodynamic efficiency (COP), volumetric heating
capacity (VHC), pressure ratio, and discharge temperature of the selected HFO and HCFO
refrigerants in the different heat pump cycles (see Table 2). In the two-stage cascade cycle, 24
refrigerant pairs are compared with each other. Finally, the results are compared with today's HFC
refrigerants R365mfc, R245fa, and R245fa/R134a for potential drop-in replacements.
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2. SIMULATION MODEL
Simplified thermodynamic cycle models have been developed in Engineering Equation Solver
Software (EES, Version 10.268) (Klein, 2017). Figure 2 shows the schematics of the investigated
cycles with the corresponding log(p)-h diagrams and the temperature profiles in the heat exchangers.
The approach temperatures were considered constant for all operating conditions and are
summarized in Table 3. The cycles were simulated in steady state conditions for several
temperatures and refrigerant combinations using the following basic assumptions:
•
•
•
•

No parasitic heat losses and pressure drops
Isenthalpic expansion
Constant compressor isentropic efficiency of ηis = 0.7
Intermediate pressure in the two-stage economizer and flash tank cycle calculated as the
geometric mean (square root) of the evaporation and condensation pressures

The operating point W60/W110 (50 K temperature lift) was considered as reference point (Ref) with
constant temperature glides in the heat source and sink of 10 K. A parameter study was performed
by varying the heat sink outlet temperature from 70 to 160 °C and the heat source inlet temperature
from 40 to 90 °C (i.e. potential waste heat from an industrial process).
Finally, the COP was calculated as the ratio from the heating capacity and the total compressor work
(i.e. in the IHX cycle: COP = (h2-h3) / (h2-h1)). The VHC was calculated in the IHX cycle as the product
of the enthalpy difference supplied to the heat sink and the suction vapor density (VHC = (h2-h3)×ρ1)).
It allows an estimation of the compressor size.

Figure 2: Investigated heat pump cycles with log(p)-h diagrams and approach temperatures in the
heat exchangers (Cond, Eco, CAS, IHX, Evap)
Table 3. Fixed parameters, reference conditions and variation range of the variable parameters
(*12 K superheat for R1336mzz(Z) and R365mfc to assure dry compression)

Fixed parameters
Variable parameters
∆TCond
2K
∆TEco
2K
TSink,out
∆TCond,out 5 K ∆TSH,Eco 5 (12*) K
TSource,in
∆TSC,CAS 1 K
∆TIHX
3K
∆TLift (TSink,out -TSource,in)
∆TCAS
3 K ∆TEvap
3K
∆TSink
∆TSH,CAS 3 K ∆TSH,Evap
5K
∆TSource

Range
Reference
110 °C
70 to 160 °C
60 °C
40 to 90 °C
50 K
30 to 70 K
10 K
5 to 30 K
10 K
5 to 30 K
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3. SIMULATION RESULTS AND DISCUSSION
Table 4 compares the cycle performances of the investigated HFO and HCFO refrigerants at
reference conditions in the IHX, economizer, and flash tank cycles. The values in brackets indicate
the relative comparison to R245fa. The data show that the COP and the pressure ratio of
R1336mzz(Z) are the highest among the investigated HFO and HCFO refrigerants, and the lowest
for R1234ze(Z). However, the variation of the COPs from 3.72 to 3.96 stays within a few percent.
Compared to R245fa, the COPs are also very similar. The calculated pressure ratios of 4.8 to 5.7
are considered manageable for common compressors. The VHC of R1336mzz(Z) and R365mfc are
significantly lower than for the other substances due to the lower suction vapor densities (ρ1), which
in practice, will result in larger compressors to achieve comparable heating capacity. Compared to
a basic cycle, the IHX provides additional superheating of the suction gas, which in turn increases
the discharge gas temperature of the compressor and the potential heating capacity of the heat
pump application. On the other side, too high temperatures can lead to overheating of the
compressor motor and thermal decomposition of the lubricant oil. As a conservative hypothesis the
compressor oil temperature should not exceed 180 °C (Frate et al., 2019).
Table 4. Comparison of the main performance parameters for the selected refrigerants in the IHX
cycle, two-stage economizer cycle and two-stage flash tank cycle at reference conditions.
Parameter
R1336mzz(Z) R1233zd(E) R1224yd(Z) R1234ze(Z)
R365mfc
R245fa
One-stage cycle with IHX (% relative to R245fa)
COPH (-)
3.96 (+4%)
3.86 (+1%)
3.82 (0%)
3.72 (-2%)
3.98 (+5%)
3.81
VHC (kJ/m3)
1’600 (-43%) 2’412 (-15%) 2’639 (-7%) 3’093 (+9%) 1’329 (-53%)
2’830
8.8 (-37%)
11.8 (-17%)
15.3 (+8%)
13.9 (-1%)
6.3 (-55%)
14.1
ρ1 (kg/m3)
pRatio (-)
5.7 (+9%)
5.0 (-5%)
4.9 (-6%)
4.8 (-8%)
6.0 (+15%)
5.2
TDischarge (°C)
154 (-6%)
170 (+4%)
164 (0%)
189 (+15%)
154 (-6%)
164
Two-stage cycle with economizer and IHX (*temperature difference compared to IHX cycle)
COPH (-)
3.95
3.90
3.84
3.85
3.99
3.82
pRatio,HS, pRatio,LS (-)
2.4
2.2
2.2
2.2
2.5
2.3
TDischarge,HS (°C)
116 (-38 K)*
118 (-52 K)
116 (-49 K) 125 (-63 K)
116 (-38 K)
116 (-48 K)
TDischarge,LS (°C)
100
107
105
115
100
105
Two-stage cycle with flash tank and IHX (*temperature difference compared to IHX cycle)
COPH (-)
4.00
3.98
3.93
3.90
4.03
3.91
pRatio,HS, pRatio,LS (-)
2.4
2.2
2.2
2.2
2.5
2.3
TDischarge,HS (°C)
120 (-34 K)*
134 (-36 K)
129 (-36 K) 148 (-41 K)
120 (-34 K)
103 (-35 K)
TDischarge,LS (°C)
98
105
103
113
98
103

Figure 3 illustrates the results of the parameter study in the one-stage IHX cycle for the HFO and
HCFO refrigerants over the entire operating range. The graphs provide a more qualitative
comparison of the examined refrigerants. In general, the COP increases with heat sink temperature,
heat source temperature, and smaller temperature lift. The VHC increases with increasing heat sink
temperature and smaller temperature lift. A higher VHC is advantageous for positive displacement
compressors, as it requires a smaller swept volume at a given capacity, and thus smaller size and
investment costs. Common values are between 3’000 and 6’000 kJ/m3 (Arpagaus et al., 2018).
Overall, the analyses indicate that R1336mzz(Z) is the most suitable replacement fluid for R365mfc,
whose COP and VHC are comparable (similar COP and 20% higher VHC). R1233zd(E),
R1223yd(Z), and R1234ze(Z) are closest to R245fa in terms of COP and VHC. When selecting a
refrigerant for a HTHP application, it is necessary to make a compromise between efficiency and
capacity. As soon as the VHC becomes a decision parameter, R1233zd(E) becomes favorable. An
efficiency loss of about 3% compared to R1336mzz(Z) is compensated with approximately 50%
higher VHC. This is consistent with the calculations of Frate et al. (2019) in a basic cycle.
High compressor discharge temperatures (TDischarge) can be observed especially for R1234ze(Z). To
mitigate the relatively high discharge temperatures in the one-stage cycle with IHX, a two-stage cycle
design with economizer functions is a valuable option. As shown in the Table 4, the two-stage cycles
significantly reduce the discharge temperatures in the upper compressor stage (i.e. 34 to 41 K and
38 to 63 K reduction for the flash tank and closed economizer cycle). In the economizer, a certain
amount of two-phase refrigerant is fed into the suction line of the high-stage compressor, where it is
mixed with the discharge gas of the low-pressure compressor. This enables precise control of a
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specified superheat value at the inlet of the high-stage compressor (e.g. 5 K superheat, or 12 K for
R1336mzz(Z) and R365mfc, which exhibit a saturation curve dT/ds > 0). The flash tank system
achieves slightly higher efficiency (1 to 3%) and about 2 K additional reduction in discharge
temperature (see Table 4). Here, saturated vapor is pulled from the top of the flash tank and is fed
to the suction line of the high-stage compressor. The superheat is controlled by mixing the saturated
vapor with the discharge gas of the first-stage compressor.

Figure 3: Operating maps of the one-stage cycle with IHX for different HFO and HCFO refrigerants.
(A) COP, (B) VHC, (C) pressure ratio, (D) discharge temperature.

Figure 4: Maximum COP in the two-stage cascade cycle with IHX for different refrigerant pairs

Figure 5: COP of the investigated cycles using R1336mzz(Z) at different temperature lifts
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The two-stage cascade cycle enables testing different refrigerant combinations in the LS and HS
cycles. Compared to a one-stage system, the pressure ratio per stage is lower and the efficiency
higher, so that a higher COP can be achieved (Figure 5). In addition, there are no oil management
issues between the two stages, which may compensate for higher installation and maintenance
costs. A disadvantage is the temperature gap in the intermediate CAS heat exchanger (∆TCAS = 3 K)
reducing efficiency. Depending on the operating conditions and refrigerant combination, an optimum
intermediate temperature needs to be found to achieve maximum COP. The approach used in this
study utilizes the Min/Max optimization method (Golden Section) of EES to find a COP maximum
depending on the condensation temperature of the LS cycle (TCond,CAS).
Figure 4 (left) shows some COP curves for different refrigerant pairs as a function of TCond,CAS at
reference point condition. The optimal values are in the range of about 55 to 78 °C. Figure 4 (right)
compares the optimal COPs of 24 pairs of HFO and HCFO refrigerants. R1336mzz(Z), R1233zd(E),
R1224yd(Z), and R1234ze(Z) were selected for the HS, R1336mzz(Z), R1233zd(E), R1224yd(Z),
R1234ze(Z), R1234yf, and R1234ze(E) for the LS. The presented results are calculated at a constant
temperature lift of 50 K. The highest COP was achieved using R1336mzz(Z) in both stages (COP of
3.91 at Ref conditions 60 °C/110 °C, grey bars), followed by R1336mzz(Z)/R1233zd(E),
R1336mzz(Z)/R1224yd(Z), and R1336mzz(Z)/R1234ze(Z) with a similar COP of 3.9.
R1336mzz(Z)/R1234ze(E) presented a slightly higher performance than R1336mzz(Z)/R1234yf
which is in agreement with simulations by Mota-Babiloni et al. (2018). Compared to a HTHP cascade
with HFC refrigerants R245fa/R134a, the combination of R1336mzz(Z)/R1336mzz(Z) resulted in a
6% higher COP. The discharge temperatures were between 130 and 172 °C and thus lower than in
the one-stage cycle with IHX, but higher than in the two-stage economizer and flash tank cycle.
Figure 5 shows the COP for the different cycles with refrigerant R1336mzz(Z) as a function of the
heat sink outlet temperature for 30, 50, and 70 K temperature lift. As can be seen, the two-stage
flash tank and economizer cycles are more efficient for small and medium lifts. With a higher lift, the
two-stage cascade compensates for the losses of the cascade heat exchanger and clearly achieves
the highest efficiency at 70 K lift.

4. CONCLUSIONS
The simulation results show that R1336mzz(Z) achieves the highest COP of all HFO and HCFO
refrigerants in the temperature range from 120 to 160 °C, no matter which heat pump cycle is used.
Each refrigerant achieves an optimal COP at a heat sink temperature of about 30 K below the critical
temperature. A compromise must be found between COP and VHC when selecting refrigerants.
R1336mzz is proposed as the next replacement for R365mfc, while R1233zd(E), R1224yd(Z),
R1234ze(Z), R1234yf, and R1234ze(E) are closer to R245fa. The use of an IHX in the cycle is
recommended to ensure dry compression, a two-stage cascade cycle for high temperature lifts of
70 K and higher. In further studies, the calculations can be extended to multi-stage extraction cycles
and cycles with subcooler, ejectors, or multi temperature cycles to further increase efficiency.
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NOMENCLATURE
CAS
Cond
COP
∆T
Eco
Evap
HFO
HCFO
HS, LS
IHX

cascade heat exchanger
condenser
coefficient of performance (-)
temperature difference (K)
economizer
evaporator
hydrofluorolefin
hydrochlorofluoroolefin
high-stage, low-stage
internal heat exchanger

in, out
Lift
ODP
opt, max
p
SC, SH
SG
Sink, Source
T
VHC

inlet, outlet
temperature lift from heat source to sink
ozone depletion potential
optimal, maximum
pressure (bar)
subcooling, superheating
safety group classification
heat sink, heat source
temperature (°C)
volumetric heating capacity (kJ/m3)
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ABSTRACT
A high temperature heat pump has substantial potential for industrial waste heat recovery and
upgrading of which there is a potential of 370 TWh in Europe. R1233zd(E) is a potential alternative
to R245fa due to low GWP and ODP to achieve high temperatures in a range of 140°C and above.
This paper presents review on R1233zd(E) and comparative thermodynamic simulation of high
temperature heat pump based on selected compressor and between temperature range of 85°C to
135°C. In addition, details about high temperature heat pump test facilities and discussions on
operational experiences and difficulties of high temperature heat pump test-rig development in terms
of components and their limitations has been discussed. The initial experimental results from test rig
are presented to demonstrate such operational challenges in terms oil cooling and expansion valve.
Outcomes of this paper will provide indicators for future applications of high temperature heat pumps
using alternative refrigerants.
Keywords: High temperature, heat pump, R1233zd, Industrial heat pump, HCFO

1. INTRODUCTION
Energy efficiency and waste heat recovery in industrial sector has a huge potential of 370 TWh
(waste heat) per year in Europe alone (Panayiotou et al., 2017) which could help in a drive towards
greenhouse gases emission (GHGs) reduction and to protect ozone layer. To support this drive,
widely used refrigerant such as R134a, R410A, R407C and R245fa should be phased out due to
high global warming potential (GWP) and ozone depletion potential (ODP) as a part of F-gas
regulation in the EU and Montreal Protocol.
Table 1 Important parameter comparison between R1233zd(E) and R245fa (Yang et al., 2018)

Parameters

R12233zd(E)

R245fa

Chemical formula
CF3CH=CHCF3
CF3CH3CF2
Pc (kPa)
3570
3650
Tc (°C)
165.6
154.01
Boiling point (°C)
17.97
14.81
Slope
Dry
Dry
ODP
0.00034
0
GWP100yr
7
1030
Atmosphere life time
7.7
0.07
Flammability
Non-flammable
Non-flammable
ASHRAE std 34 safety class
A1
B1
R1233zd(E) is one of the promising alternatives to replace R245fa which is widely used for waste
heat recovery in Organic Rankine Cycle (ORC) or High Temperature Heat Pump (HTHP).
R1233zd(E) belongs to HCFO family and has comparatively low GWP and ODP. Although
R1233zd(E) contains one chlorine atom in the molecule, the contribution to stratospheric ozone
depletion is expected to be negligible because of its very short-atmospheric lifetime. Table 1 shows
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main parameter comparison between R1233zd(E) and R245fa. It is evident that R12233zd (E) can
be used for HTHP up to 150°C and as a direct replacement of R245fa.
There are limited investigations related to R1233zd(E) use for HTHP in scientific literature and most
investigations/literature are very recent. Fig. 1 illustrates the number of publications in the SCOPUs
(75) and Web of Science (63) online database with search keyword “R1233zd” (keywords, title and
abstracts). In addition, similar search was carried out in SCOPUS using same search key word in all
field to find any literature that mentioned this word and found around 200 publications. Hence,
scientific investigation/publication are at very early stage related to R1233zd(E).

Figure 1: Publications related to R12333zd(E)

This paper aims to gather information related to R1233zd(E) use and application for HTHP through
scientific literature. Thermodynamic simulation and comparative analysis for R245fa and
R1233zd(E) is presented based on selected compressor and temperature range. In addition, initial
experience of HTHP operation and preliminary results from HTHP test rig is presented for analysis
purpose.

2. LITERATURES ON R1233ZD(E)
Detailed literature search on R1233zd(E) showed that most articles focused on properties of
refrigerant, heat/flow transfer and ORC application. Most of ORC and/or HP investigations were
based on mathematical model/simulation/theoretical analysis. Table 2 shows numbers of articles
based on subject area and type of investigation. Overview and investigation of properties
R1233zd(E) and other low GWP refrigerant has been widely covered by Bobbo et al. (2018). There
were four investigations related to heat pump applications. For example, Ju et al. (2017) assessed
heat pump water heater with mixture of R1233zd(E) with R290 and R1270 showed that R1233zd(E)
can help to overcome the shortcoming of flexibility of HCs and modelling result showed 2 to 10 %
higher COP compared to R22 or R134a and irreversibility of system components varies (except
compressor) with mass fraction of R1233ZD(E) in a blend. Zuhlsdorf et al. (2018) showed that in a
case of booster heat pump, mixture of R1233zd(E) and R1234yf would give higher COP compared
to R1233zd (E) alone at design conditions. Although it was still lower compared to other refrigerant
mixtures such as Iso-Butane and Pentane. Arpagaus et al. (2018) have presented extensive
overview on HTHP showing waste heat recovery potential, state of the art, research status and
refrigerant. A list of industrial HTHP was presented (28 kW to 20 MW) but none of industrial HP uses
R1233zd(E) yet. Potential benefits of R1233zd(E) in terms reduced compressor size and trade-off
between VHC and COP for HTHP application have been discussed by Frate et al. (2019) and
Bamigbetan et al. (2018).
However, long term stability, thermal performance and interaction with other material (e.g. oil,
copper, etc) is also important for R1233zd(E). In terms of suitable oil for R1233zd(E), some oil
manufactures and researchers have shown suitability (e.g. miscibility) with POE (e.g. Fuchs,
Climalife) whereas others suggest the use of mineral oil (e.g.Honeywell) (Suemitsu, et al., 2017)
(Majurin, et al., 2017) or both (e.g. Arkema). In addition, Eyerer et al. (2018) showed an interesting
analysis on the subtility of polymers (used on O-ring etc.) and their experimental and theoretical
results showed that PTFE is the most compatible polymer which can be used with R1233zd(E)
whereas special attention should be given if other polymers are used. Hence selection of suitable oil
and other materials is crucial for R1233zd(E).
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Table 2 Type of investigation and numbers of literatures

Are of investigation
Main
Sub-subject
subject
Flow
pressure drop
regime
Heat
flow boiling, film condensation, nucleate
transfer
boiling, condensation, supercritical
pressure, high temperature
Ejector
vapour-liquid, critical/sub-critical model,
refrigeration system working fluid
ORC
scroll expander, various application, cycles
configuration, with solar, with ejector,
evaluation system, fluid comparison
Material
compatibility between refrigerant and
polymer
Properties
liquid viscosity, surface tension, solubility,
diffusion, thermal conductivity, PvT, film
thickness, heat capacity, speed of sound,
liquid density
Heat pump booster, water heater (ref mixture),
centrifugal chiller
Combined
ORC+HP, absorption compression,
system
trigeneration,

Type of investigation
Experimental Theoretical/
modelling/simulation
4
2
12
3
5

26

1
13

3
3

3. EXPERIMENTAL SETUP AND THERMODYNAMIC ANALYSIS
3.1 Test setup description
A HTHP test rig was developed in order to understand performance and behaviour of R1233zd(E)
for high temperature application. The heat pump was designed at Tcon=125°C and Tevp= 50°C with
SH=20K (evaporator + liquid-suction heat exchanger) and SC=9K. At design condition, HP can
provide 13.8 kW of condensing capacity. Commercially available components were used for the
development of the test-rig. Figure 2 shows HTHP test-rig which was developed at Centre for
Sustainable Technologies (Ulster University). Left side of test rig is accommodated with refrigeration
side components such as compressor, condenser, evaporator, EEV etc whereas right side of test rig
is for heat transfer fluid (water/oil) temperature management which helps to maintain constant
temperature at outlet of condenser and inlet of evaporator as required. Table 3 shows main
components used in development test-rig. Due to high temperature, thermal oil was used as a heat
transfer fluid on secondary side of condenser whereas water was used on the evaporator secondary
side. The compressor was driven by variable speed drive which can manage speeds between 750
to 1750 rpm for the compressor.
In order to monitor performance of the heat pump system variables such as temperature ( refrigerant,
oil and water)(inline and surface PT100), flow (refrigerant, oil and water), pressure (refrigerant),
power (motor) were measured with sensor accuracy of ±0.2°C, ±1% (electromagnetic flow meter) /
±1.5% (pulse meter for oil), ±1% and ±1% respectively. All data were measured at interval of 30s
using two data acquisition system and stored in a dedicated PC for data analysis purpose.
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Figure 2 Test-rig development for HTHP
Table 3 List of components used for test-setup

Components
Compressor
Drive
Condenser
Evaporator
Expansion valve
Oil separator
Receiver
Heat transfer fluid

Details
Bitzer: Open type
Dis: 28 m3/h @50 Hz (1450 rpm)
EMI motor with Danfoss FC103 drive
SWEP BPHE BT25Thx50
SWEP BPHE N80Hx26
Danfoss EEV ETS12.5 with EKC316A
ESK OS22
Bitzer FS102
Water and Therminol66

3.2 Test methodology and thermodynamic analysis
3.2.1 Test methodology
The system performance will be evaluated for condensing temperature between 85 to 135°C at an
interval of 10K with fixed evaporation temperature of 50°C. First test will be carried out at design
condition were flow rate on oil and water side will be set and it will be kept constant for other test
condition in order to obtain change in heating/cooling capacity with respect to temperature difference.
Similar test will be carried for evaporation temperature between 45 to 85°C at an interval of 10K
while keeping the condensing temperature at 105,115,125 & 135°C. Compressor speed will be
maintained at 50 Hz (1450 rpm). All variables such as temperature, pressure, flow rate and electric
power will be measured on refrigeration/water/oil side.
3.2.2 Thermodynamic analysis
In order to estimate system performance and for comparative analysis, thermodynamic simulation is
carried out for R1233zd(E) and R245fa at same temperature lift condition as mentioned above. The
following assumptions were made for thermodynamic analysis:
• Heat dissipation with the ambient is ignored.
• Pressure drops in the evaporation and condensation processes are negligible.
• The compression process is adiabatic while the throttling process in expansion valve is
isenthalpic.
• The heat transfer in the condenser or evaporator is of counter-flow
• The refrigerant at the outlet of the condenser is saturate liquid, and at the outlet of the
evaporator is saturated vapor.
• LSH provides constant 15K superheat after evaporator
Properties of refrigerant were obtained using NIST-Refprop software and whereas compressor map
of existing fluid (from manufacture) was used as reference to evaluate isentropic and volumetric
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efficiency rather than fixed values. In order to evaluate system performance, a list of the
assumptions/parameter and equations used are shown in Table 4 and Table 5. In equations,
enthalpy difference at the inlet and outlet was used to calculate capacity for major components (such
as evaporator, compressor, condenser, etc).
Table 4 Parameters used/assumed in thermodynamic simulation

Parameters
Refrigerant
Condensing temperature (C)
Evaporation temperature (C)
Superheat @evp and subcooling @cond (K)
Superheat using LSH (K)
Isentropic efficiency (%)
Volumetric efficiency (%)

Values / Details
R1233zd (E) and R245fa
85,95,105,115,125,135
45,55,65,75
5 and 5
15
Based on compressor map: temperature lift
Based on compressor map: temperature lift

Table 5 Equations used for thermodynamic simulation

Calculated parameters
For heat exchanger output (kW):
Condenser, evaporator, LSH
Isentropic efficiency (compressor) (%):
Compressor power (kW):

Equation
𝑄 = 𝑚𝑟𝑒𝑓 ∗ ∆ℎ
𝜂𝑖𝑠 =

∆ℎ𝑖𝑠
∆ℎ

𝑃 = 𝑚𝑟𝑒𝑓 ∆ℎ = 𝑚𝑟𝑒𝑓 ∗

Refrigeration side COP:

𝐶𝑂𝑃 =

∆ℎ𝑖𝑠
𝜂𝑖𝑠

𝑄𝑐
𝑃

4. RESULTS AND DISCUSSION
4.1 Result of thermodynamic analysis
The system performance was evaluated thermodynamically at various evaporation temperatures
and condensing temperatures as describe earlier for R12333zd(E) and R245fa. Figure 3 shows
comparative analysis of system performance for R245fa and R1233zd(E). Performance analysis is
presented in terms of condensing capacity, compressor power and COP with varying condensing
and evaporating temperature conditions.
It is evident that for similar temperature lift conditions, the heat output for R245fa is higher compared
to R1233zd(E) but the compressor power consumption is also higher which ultimately results in a
negligible reduction in COP compared to R1233zd(E) This is mainly due to density/pressure
difference at those temperature condition which, results in a higher enthalpy difference for R245fa.
The evidence suggests that R1233zd(E) gives a higher COP in the range of 1 to 9% but lower heat
output in the range of 8 to 15%. This may result in an increase to the heat exchanger size and
volumetric area for R1233zd(E) if used as a direct replacement for R245fa.
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Figure 3 Comparative analysis for R245fa & R1233zd(E): Left: variation in T cond, Right: variation in Tevp

Figure 4 COP and discharge temperature variation with SC & SH controlled method using
intermediate heat exchanger for R1233zd(E)

Above comparison was made while keeping LSH at 15K. However, further analysis carried out to
understand benefits of controlling SH and SC for LSH assuming constant isentropic and volumetric
efficiency at Tc=135°C & Tevp=50°C (with SH=SC=5K at condenser and evaporator). Figure 4 shows
that if SC is controlled rather than SH then it could provide higher COP. However, discharge
temperature puts limit on how much SC can be achieved in order to get improvement in COP.
4.2 Initial experience of test rig operation
For HTHP test rig, extensive time was spent on pre-commissioning before actual testing could take
place as per test regime. There were several difficulties encountered mainly on: expansion valve
and oil temperature side due to high temperature operation. Commercially available EEV needs
additional cooling or EEV with stainless steel body is required for HTHP. In addition, oil viscosity at
high temperature was a challenge as the oil temperature increased to 90°C while operating at 105°C
condensing temperature. Hence, the test rig was modified to accommodate oil cooling to maintain
temperatures with the range of 60-80°Cwhen operating at condensing temperature above 100°C.
Figure 5 shows oil temperature rise with respect to Tcon oil outlet and Tevp water inlet and addition of the l
heat exchanger added to the compressor for oil cooling. However, oil temperature must be 5-10K
higher than the suction temperature. Additional cooling was also provided to the expansion valve for
safe working of the stepper motor as during initially commissioning the A stepper motor failed due to
overheating issues.
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Figure 5 Oil sump temperature rise (left) and addition of oil cooler (right)

A few initial tests were carried out using R245fa as a reference in order to find component
performance and controls required for safe working conditions. Figure 6 shows performance of the
HTHP using R245fa at a fixed evaporation temperature and at varying condensing temperatures.
Overall, the system COP remained between 2.3 to 4.3 and the condensing capacity between 10 to
14 kW. Although system performance is satisfactory, it is however lower compared to simulation
results mainly due to several heat losses on primary side and refrigeration side. In addition,
experimental results present system COP whereas simulation results provide the enthalpic COP.

Figure 6 Initial test results of HTHP using R245fa

Before system performance can be evaluated further with R245fa and R1233zd(E), several other
modifications will be carried out in terms of system temperature control, lubrication and insulation in
order to optimise system performance. One of the biggest challenges for HTHP is commercially
available parts, cost and suitable lubrication and cooling.

5. CONCLUSION
HTHPs have huge potential to use waste heat from industrial and commercial application. A literature
search for R1233zd(E) has shown that there is limited investigation on the use of R1233zd(E) for
HTHP, with most investigation focusing on simulation study and use in ORC applications. Simulation
results and comparison between R245fa and R1233zd(E) showed a higher COP up to 8% when
compared to R245fa. However, if R1233zd(E) is used as a direct replacement then careful
consideration should be given to sizing of components (e.g. condenser, compressor) as it gives less
heating/cooling capacity. Initial experience from this experiment showed the necessity for oil cooling
due to high condensing temperatures which might be a limiting factor for safe compressor operation
based on manufacture recommendations. In addition, if a commercially available standard EEV is
used then it might need cooling to operate at high temperatures for prolonged periods. Suitable
lubricant for R1233zd(E) is an area of debate as some refrigerant manufactures suggest POE
whereas others suggest mineral oil. Oil miscibility data with POE is available for certain oil and
temperature ranges but there is no readily available information for mineral oil. Long term
performance and thermal stability with various materials requires further investigation for
R1233zd(E). As a part of this ongoing CHESTER project, further investigation will be carried out to
find suitable oil, properties (viscosity, miscibility, solubility) and temperature control for HTHP
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application. However, increasing development in HTHP area calls for more open and readily
available information, development of components and knowledge sharing platform.
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NOMENCLATURE
c/con

Condenser

comp
EEV
evp
is
LSH
mref
ORC
SH/SC
VHC
W

compressor
Electronic expansion valve
Evaporator
Isentropic
Liquid-suction heat exchanger
Refrigerant mass flow rate (kg/h)
Organic Rankine Cycle
Superheat/Subcooling
Volumetric heating capacity
Water

Enthalpy difference (inlet & outlet)
(kJ/kg)
T
temperature (°C)
η
efficiency
HTHP High temperature heat pump
Q
heat energy (kW)
COP
Coefficient of performance
P
Compressor power (kW)
HCFO Hydro-chloro-fluoro-olefins
PTFE Polytetrafluoroethylene
POE
Polyol-ester
in/out inlet / outlet
Δh
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ABSTRACT
In this study, we proposed a novel air-source heat pump system with integrated desiccant for
electric vehicles (EVs), in which the heat pump absorbs atmospheric thermal energy to heat the
cabin and the desiccant dehumidifies the cabin interior to prevent windshields from fogging up. The
proposed system can reduce the amount of incoming fresh air needed and the cabin heat demand,
consequently saving on the electricity consumption of batteries. The calculation results show that
compared to conventional EV heat pumps, the cabin heat load and compressor electric power of
the proposed system decline by 42 and 38% at an ambient air temperature of -20°C. Furthermore,
the defrosting process of the proposed system saves electricity, since it utilizes the adsorption heat
of the desiccant.
Keywords: Electric vehicle, Heat pump, Desiccant, Anti-fogging, Heating, Defrosting.

1. INTRODUCTION
The automobile air conditioning (AC) system, an essential vehicle subsystem, ensures thermal
comfort for passengers, but also contributes to the anti-fogging of windows, which increases the
active safety factor. AC systems for vehicles generally operate in one of three modes: cooling,
heating and dehumidification-reheating. Compared to conventional vehicles, EVs have no waste
heat from combustion engines available for heating and dehumidification-reheating modes, hence
additional heat sources, such as fuel-fired heaters, viscous heaters, positive temperature
coefficient (PTC) heaters and heat pumps, are proposed to cover the heat demand at low ambient
temperatures. Among these, the PTC heater and heat pump are commonly adopted for EVs.
Although the former could provide sufficient heat energy to warm the cabin, it comprises a
considerable proportion of the total electricity consumed by the vehicle and thus significantly
reduces the EV cruising range.
Much research has focused on heat pump air-conditioning systems in EVs (Suzuki 1996, Kondo
2011, Kwon et al., 2017). Suzuki (1996), for example, proposed a heat pump system for EVs,
which could provide cooling, heating and dehumidification and have cooling and heating capacities
of 2.9 and 2.3kW under ambient temperatures of 40 and -10°C, respectively. Experimental results
revealed coefficients of performance (COP) during cooling and heating operations of 2.9 and 2.3,
respectively.
Although the heat pump is a promising way to meet both heating and cooling demands of
passengers and anti-fogging of windows, its electricity consumption increases sharply at low
ambient temperatures due to the increased heat demand. In conventional EV air-conditioning
systems, to prevent windshields from fogging up, an all-fresh-air heating mode is used in winter,
the introduction of which generates a large heating load due to the fresh air introduction, with a
ratio of 60% to the total heating load (Hagiwara, 2011). Accordingly, operating on the premise of
anti-fogging decreasing the fresh-air ratio can effectively reduce EV energy consumption.
In this study, we proposed a heat pump system for EVs, in which a desiccant-coated heat
exchanger is adopted to dehumidify the inside cabin air. Accordingly, anti-fogging of the windshield
becomes possible under interior-air recirculation, allowing less fresh air into the vehicle cabin and
thus reducing heat loss.
Another crucial technical barrier to applying the air-source heat pump for EVs is the development
of an efficient defrosting method (Steiner, 2015). There are two defrosting methods: reverse cycle
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defrost and hot gas defrost. The former switches the refrigerant cycle from heating to cooling mode,
in which hot refrigerant under high pressure from the compressor enters the external heat
exchanger to melt the frost. The latter utilizes a bypass valve, channelling the hot gas from the
compressor directly to the external HE to melt the frost. Comparing the two defrosting methods, the
former seems to show higher defrosting performance because the cabin air can be used as a heat
source, whereas the hot-gas defrosting uses only the electrical energy from the compressor. The
drawback of the former is the cold wind supply to the cabin during the defrosting process and the
higher heat demand in the subsequent heating mode. Furthermore, a means of preventing the
windshield from fogging up during the defrosting process is also a challenge for EV AC systems.
In the proposed system, the adsorption heat is utilized to remove the frost, whereupon the
electrical energy consumption is reduced. Another advantage is the dehumidified cabin air allowing
anti-fogging, even during the defrosting operation. Moreover, the temperature of the cabin air does
not decrease sharply, as happens during the reverse cycle defrost.
In this paper, we give the system description and simulation results of the proposed system.

2. SYSTEM DESCRIPTION
Note that the proposed system can also operate in cooling and dehumidification-reheating modes.
In this paper, we mainly introduce the working principle and analyze the system performance
during heating and defrosting modes at low atmospheric temperatures.
2.1.

Heating mode

A schematic diagram of the heat pump with integrated desiccant for EVs is shown in Fig. 1, with
the process illustrated in a pressure-enthalpy diagram of the refrigerant and a psychometric chart
in Figs. 2 and 3. The system comprises a compressor, a four-way valve (F-W valve), an internal
heat exchanger (internal HE), four dampers (D1-D4), a desiccant-coated heat exchanger (DCHE),
two expansion valves (V1 and V2), a gas-liquid separator (Separator) and an external heat
exchanger (external HE). The DCHE is capable of dehumidifying the cabin air, which makes it
possible to prevent the windshield from fogging under interior-air recirculation. Once the DCHE
dehumidification capacity goes below a pointed value or when passengers want some fresh air,
fresh air will be introduced into the cabin to regenerate the DCHE or meet passenger demand.
With respect to the switch between interior and fresh air, the system operation can be classified
into two modes: interior-air recirculation mode (Interior-Air-Mode) and fresh air introducing mode
(Fresh-Air-Mode).
In Interior-Air-Mode, as shown in Fig. 1 (a), the system places the damper (D1) in position “b” and
the dampers (D2-D4) are closed, meaning the return air (RA) traverses the DCHE and Internal HE
sequentially before flowing back into the cabin. The RA is dehumidified and heated at the DCHE
and Internal HE, respectively. For the refrigerant cycle, the two expansion valves (V1 and V2) are
throttled, meaning the internal HE functions as a condenser, while the DCHE and external HE
function as evaporators at two different evaporation temperatures. The refrigerant leaving the
compressor in state “1” releases its condensation heat into the dry air (DA) at the internal HE, so
the hot air (HA) is obtained and supplied to the vehicle cabin. After the refrigerant leaves the
internal HE, it is expanded to intermediate pressure (Pmid) by flowing through the V1. The RA is
dehumidified at the DCHE due to the desiccant adsorption process, whereupon the adsorption
heat is used to vaporize part of the refrigerant. The refrigerant from the DCHE in state “4” flows into
the separator, where the refrigerant liquid and vapor are separated. The saturated refrigerant liquid
at point “6” flows into the external HE after it has been throttled to the required evaporator pressure
(Plow) by traversing V2. The saturated refrigerant vapor at point “5” is fed into the compressor and
compressed via condensation pressure (Phigh). At the external HE, the refrigerant is vaporized by
absorbing heat from the ambient air. The refrigerant from the external HE at point “8” is then fed
back to the compressor where two-stage compression is conducted: Plow to Pmid for the refrigerant,
mr2; and Pmid to Phigh for the total refrigerant, mr1+mr2.
The moisture-adsorbing capacity of the desiccant will decrease and eventually expire throughout
the adsorption process, which means the humidity ratio and dew point of the cabin air will gradually
increase. When the dew point of the cabin air exceeds the inside surface temperature of the
windshield, the windshield fogs up and the desiccant should be regenerated (desorbed).
Correspondingly, Fresh-Air Mode is started. As mentioned above, the Fresh-Air Mode can also be
started by passengers at any time.
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Pressure

During Fresh-Air Mode, as shown in Fig. 1 (b), with the damper (D1) in position “a” and dampers
(D2-D4) opened, outdoor air (OA1 and OA2) are introduced into the cabin and heated at DCHE
and Internal HE respectively, before finally being discharged in an EA state. For the refrigerant
cycle, the expansion valve (V1) is opened and V2 throttled, so the internal HE and DCHE work as
condensers and the external HE as an evaporator. The refrigerant leaving the compressor in the “1”
state releases part of the condensation heat to OA2 at the internal HE. The hot air (HA2) at the
internal HE outlet has a low humidity ratio and dew point and is blown toward to the windshield to
prevent fogging. After leaving the internal HE, the refrigerant in the “2” state traverses the opened
V1 with constant temperature and pressure and flows into the DCHE. At the DCHE, the desiccant
is heated by the condensation heat of the refrigerant and discharges moisture into the outdoor air
(OA1). Consequently, the desiccant is regenerated (desorbed) and the OA1 is heated and
humidified to the HA1 state. Because the hot air (HA1) has a relatively high dew point and may fog
up the windshield, it is blown toward passengers and heats the cabin, before being finally
exhausted. The refrigerant exiting the DCHE in the state of “4” traverses the separator, is
expanded at the V2 and flows into the external HE. At the external HE, the refrigerant is then
evaporated by extracting thermal energy from the ambient air and fed back to the compressor.
Once the desiccant is completely regenerated, the Fresh-Air Mode may end and the Interior-Air
Mode may be restarted.
2

phigh
pmid 6
plow

3

1
4
mr2

7

mr1

5 10 9
8
Enthalpy

(a) Interior-Air Mode

Pressure

(a) Interior-Air Mode
phigh

plow

4

7

2

1

8
Enthalpy

RA

(b) Fresh-Air Mode
Figure 1: Schematic diagram during
heating mode

2.2.

OA1/OA2

DA
Tglass

HA1

Humidity

(b) Fresh-Air Mode
Figure 2: Pressure – enthalpy of refrigerant

HA
HA2
Temperature

Figure 3: Air state change during Interior-Air
and Fresh-Air modes

Defrosting mode

During defrosting mode, as shown in Fig. 4, with the damper (D1) in position “b” and D2-D4 closed,
the RA traverses the DCHE and feeds back into the cabin. The F-W valve changes the refrigerant
flow direction, in which the hot refrigerant leaving the compressor in state “1” flows into the external
HE. The expansion valve (V1) is opened and V2 throttled, so the external HE and DCHE function
as condenser and evaporator, respectively. The refrigerant releases its condensation heat to melt
the frost on the surface of the external HE. The refrigerant exiting the external HE in the state of “7”
is expanded at the V2 and flows into the DCHE. At the DCHE, the RA is dehumidified due to the
desiccant adsorption process and the adsorption heat is used to vaporize the refrigerant. Here the
evaporation temperature of the refrigerant (Fig. 5(a)) is controlled and made equivalent to the RA

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4272

1

Pressure

phigh 7

RA
plow
6

Figure 4: Schematic diagram during
defrosting mode
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temperature, so the temperature of the supplying air (DA) remains constant (Fig. 5(b)). In other
words, the latent (adsorption) heat of the cabin air is utilized to remove the frost, with no sensible
heat (temperature) loss of the cabin air. Furthermore, the cabin air is dehumidified, which means
the anti-fogging of the windshield can be maintained, even in defrosting mode. The refrigerant
exiting the DCHE passes through the V1 and internal HE is then fed back to the compressor.

Figure 5: State changes of refrigerant and air

3. MATHEMATICAL MODEL
A simulation was performed to analyze and evaluate the performance of the proposed system
during heating and defrosting modes, respectively.
3.1.

Heating mode

As mentioned above, while in heating mode, the system is operated in interior-air and fresh-air
modes alternately. Correspondingly, the mathematical model is given separately.
(1)
For Interior-Air Mode
As shown in Figs. 1(a) and 2(a), there are two evaporators: DCHE and the external HE, in which
the refrigerant evaporation temperatures (Teva,1 and Teva,2) are obtained by Eqs. (1-2).
=

,

=

,

[°C]
−∆

Eq. (1)

[°C]

Eq. (2)

The internal HE functions as a condenser and the refrigerant condensation temperature (Tcon) is
calculated by Eq. (3).
=

∆

[°C]

Eq. (3)

The evaporation loads (qeva1 and qeva2) and condensation load (qcon) are obtained by Eqs. (4-6).
=(

,

,

=

=(

)( −

) [kW]

( − ) [kW]
)( −

) [kW]

Eq. (4)
Eq. (5)
Eq. (6)

The electric power consumption during the low and high pressure stages is calculated by Eqs. (7)
and (8), while the total electric power of the compressor is obtained by: wcom,int=wlow+whigh , [kW].
=
=(

( −

) [kW]

)( −

) [kW]

Eq. (7)
Eq. (8)

The evaluation criteria for anti-fogging of windshields is given as:
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<

,

Eq. (9)

Here, Tglass is the inside surface temperature of windshields and calculated by Eq. (10),
=

(

−

)

[°C]

Eq. (10)

where Kg is the overall heat transfer coefficient of glass and hci is the heat transfer coefficient inside
the cabin, [kW (m2·k)-1]. Tcab and Toa are the cabin and ambient air temperatures.
DPair,glass is the dew point of the air blown toward to the windshield, equal to the dew point of the
DCHE outlet air that is a function of the humidity ratio of the DCHE outlet air (Xda). Xda is calculated
by Eq. (11).
=

−

,

(

−

) [kg·vapor (kg·dry air)-1]

,

Eq. (11)

where ηx,ad, the adsorption effectiveness of the desiccant, is assumed as 0.7 in this study; Xd,eq, the
air humidity ratio in equilibrium with the desiccant, is calculated by Xd,eq=0.622(Rp·Ps)/(101325-Rp
·Ps). Here, Rp, the relative pressure of the desiccant, is a function of the desiccant moisture content
(Cw) and obtained from the adsorption isotherm of the desiccant. In this study, we selected Z02 (a
kind of desiccant belonging to the zeolite family, developed by Mitsubishi Chemical Corporation) as
the desiccant. As the adsorption process proceeds, Cw, Rp, Xd,eq and DPair,glass increase. When the
anti-fogging criteria expressed at Eq. (9) can no longer be satisfied, Interior-Air Mode ends and
Fresh-Air Mode is started.
(2)
For Fresh-Air Mode
As shown in Figs. 1(b) and 2(b), two condensers: DCHE and Internal HE, have the same
condensation temperature determined by Eq. (3), while the evaporation temperature of the external
HE is determined by Eq. (2). The evaporation load of the external HE and the condensation loads
of the DCHE and Internal HE are obtained by Eqs. (12-15).
=

( −

) [kW]

Eq. (12)

,

=

( −

) [kW]

Eq. (13)

,

=

( −

) [kW]

Eq. (14)

The electric power of the compressor is calculated by Eq. (21).
,

=

( −

) [kW]

Eq. (15)

While in Fresh-Air Mode, the desiccant is regenerated and the Cw decreases. When the Cw is
equal to the moisture content at the starting point of Interior-Air Mode, Fresh-Air Mode is finished
and one cycle of the heating mode is completed.
3.2.

Defrosting mode

While in defrosting mode, the condensation temperature of the external HE is equal to that of the
interior HE in the heating mode and calculated by Eq. (3). The evaporation temperature of the
DCHE is equal to the cabin air temperature and the evaporation load of the DCHE (qeva,def) is
obtained by Eq. (16),
,

=

∙

[kW]

Eq. (16)

where mvap is the moisture adsorption rate of DCHE, decided by the states of the desiccant and
cabin air, [kg s-1].γ is the adsorption heat, [kJ kg-1].
The electric power of the compressor (wcom,def) is calculated by Eq. (17).
,

=

( −

) [kW]

Eq. (17)

The condensation load used to remove the defrost (qcon,def) is the sum of qeva,def and wcom,def.
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4. SIMULATION RESULTS AND ANALYSIS
The specifications of the EV (Nissan Leaf 24s, 2017) are shown in Table 1. R134a is used as a
working fluid in this system, the thermophysical properties of which were calculated using
REFPROP7.0 (NIST, 2007).
Table 1. EV specifications

Parameters
Body length, width and height [mm]
Battery capacity [kWh]
Electricity consumption (AC off) [kW km-1]
Cruising range (AC off) [km]

EV specifications

4.1.

Values
4445, 1770, 1550
24
0.114
228

Simulation results during heating mode

Calculations were performed using the above mentioned methods and a time step of one second
and the results at an ambient air temperature of -10°C are shown in Figs. 6-9. Figure 6 shows the
variations of the dew point of air with elapsed time for a single cycle. It emerges that the dew point
of air blown toward to the windshield (DPair,glass) increases over time during Interior-Air Mode and is
ultimately equivalent to the interior windshield temperature (Tglass of -2.3°C). For Fresh-Air Mode,
DPair,glass is constant at -16°C and equivalent to the dew point of outdoor air. The dew point of air
blown toward passengers (DPair,passenger) increases over time due to obtaining moisture from the
DCHE desorption process. Furthermore, the operation times for Interior-Air and Fresh-Air modes
are 13.5 and 10.25 minutes, separately.
The calculated cabin heat loads (qcab) during Interior-Air and Fresh-Air modes are shown in Fig. 7.
qcab during Interior-Air mode is approximately 3.5 times smaller than that during Fresh-Air Mode.
Figure 8 shows the heat loads of the internal HE, DCHE and external HE during Interior-Air and
Fresh-Air modes. The internal HE functions as a condenser independent of operation modes and
has a virtually constant 1.15kw heat load, while DCHE transfers from an evaporator to a condenser
when the operation mode changes from Interior-Air to Fresh-Air modes. The evaporation and
condensation heat loads of the DCHE are approximately 0.3 and 3.3kW, separately and decrease
over time. The electric power of the compressor (wcom) for a single cycle is shown in Fig. 9. wcom in
Interior-Air Mode is about five times smaller than that in Fresh-Air Mode due to the low cabin heat
load during Interior-Air Mode, which is why the proposed system saves more energy compared to
conventional EV heat pumps. In the following section, we provide detailed comparison results.
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Figure 7: Variations in the cabin heat loads
(qcab) with elapsed time for a single cycle
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4.2.

Energy saving compared to conventional EV heat pumps during heating mode

Fig. 10 show the average compressor electric power (wcom,ave, obtained by Eq. (18)) of the
proposed system (HP-Prop) and conventional heat pumps (HP-Conv). Results show that wcom,ave of
HP-Prop are lower 0-38% compared to those of HP-Conv under an ambient air temperature of -20
- 10°C.
=

,

,

,

[kW]

Eq. (18)

We attempt to compare the cruising range of an EV under different heating methods, including
electric heater (heater), conventional heat pump (HP-Conv) and the proposed heat pump (HPProp). The EV has the specifications shown in Table 1 and the ambient air temperature is
assumed to be -20°C. The calculation results are shown in Fig. 11. Compared to the cruising range
of 228kW when leaving air-conditioning (AC) off, the cruising range decreases by 54, 32 and 25%
respectively, when the AC is turned on with three kinds of heating methods: heater, HP-Conv and
HP-Prop. The decreasing range of the proposed heat pump is obviously the smallest of the three
heating methods.
250
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Figure 11: Cruising range comparison of
different AC methods at an ambient air
temperature of -20°C

Figure 10: Comparison of the electric power
of compressor between conventional and
proposed systems

4.3.
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Simulation results during defrosting mode
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While in defrosting mode, the evaporation and condensation temperatures of the heat pump are 25
and 45°C, separately. The coated desiccant amount of the DCHE is assumed to be 0.75kg and the
operation time of the defrosting mode is 5 minutes. Calculation results at an ambient air
temperature of -10°C are shown in Figs. 12-13. Figure 12 shows the condensation heat load (qcon),
evaporation heat load (qeva) and electric power of the compressor (wcom) are approximately 0.4,
0.36 and 0.04kW, separately. We found that the 90% of the defrosting heat can be obtained from
the adsorption heat of the desiccant (qeva). Furthermore, the dew point of the cabin air (DPair) is
lower than the surface temperature of windshields (Tglass), meaning anti-fogging can also be
maintained, even during defrosting mode.
371.9g
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Figure 12: Calculation results of the proposed
system during defrosting mode
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Figure 13: Comparison of the electric power
consumption required for defrosting between
conventional and proposed heat pump systems
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Fig. 13 shows the total removed frost amount (Mfro), required defrosting heat amount (Qfro) and
electrical energy consumption (Wcom_Prop) of the proposed system are 371.9g, 123.9kJ and 11.6kJ.
Note that the heat required to remove 1kg frost is assumed to be 333.4kJ. The electrical energy
consumption of the conventional hot gas bypass defrosting method (Wcom_Conv) is also shown in Fig.
13. We found that the proposed system can reduce the consumption of electrical energy by around
90% compared to the conventional defrosting method.

5. CONCLUSIONS
In this study, we proposed a heat pump system for EVs, in which a DCHE is adopted to dehumidify
the cabin air and remove the frost effectively. Calculation results show that compared to
conventional EV heat pumps, the cabin heat load and compressor electric power of the proposed
system are decreased by 42 and 38% at an ambient air temperature of −20°C. Moreover, the
electrical energy consumption required for defrosting is reduced by around 90% compared to that
of the conventional hot gas bypass defrosting method.

NOMENCLATURE
Cw

moisture
content
of
desiccant
DP
[(kg˖moisture) (kg˖dry desiccant)-1]

m

Mass flow rate (kg s-1)

P
T

pressure (Pa)
q
temperature (ºC)
w
humidity ratio of air ((kg˖vapor) (kg˖dry air)τ
1
)

X

mvap

dew point of air (ºC)
moisture removal rate of desiccant (kg
s-1)
heat load (kW)
electric power (kW)
time (s)
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ABSTRACT
This study experimentally investigates the suitability of R290 in replacement of R134a as
refrigerant in a mass-produced heat pump assisted drum dryer. A heat pump assisted drum dryer
designed for R134a is instrumented and rebuilt by replacement of the compressor and in turn the
capillary tube. The effect of R290 charge optimization and capillary tube accommodation is
investigated. Input power, refrigerant pressure and temperature as well as temperature and
humidity of the airstream is logged. By replacing only the compressor, the R290 system obtained
the same level of efficiency as the original R134a system. Subsequent to replacement of the
capillary tube 6% increase in COP was observed, maintaining the same level of SMER as with
R134a.
Keywords: Drying, heat pump, propane, R290

1.

INTRODUCTION

Drum dryers has been used for drying of fabric for a long time. Conventional drum dryers rely on
heating air by an electric heater and rejecting moisture along with heated air to the ambient. This
means of drying is highly energy demanding, thus having negative effect on the environment. By
closing the air loop and utilizing a heat pump to heat air as well as condensing moisture,
significantly higher energy efficiency may be obtained. Unfortunately, modern heat pump assisted
drum dryers utilizes HFC gases with high GWP (Global Warming Potential). By replacing the HFC
gases used in HPDD’s (Heat Pump assisted Drum Dryers) with HC’s (hydrocarbons) reduced
environmental impact may be obtained.
Through this study, experimental investigation a mass produced HPDD originally utilizing R134a
has been performed. The HPDD has been rebuilt to utilizing R290 by replacing the compressor,
and in turn the capillary tube. Instrumentation and manual controls has been added to the HPDD
prior to the rebuild, allowing for investigation of performance while utilizing R134a to establish the
baseline of performance for comparison.
1.1. The Heat Pump Assisted Drum Drying Process
The HP (Heat Pump) assisted drying process utilizes the heat pumps ability to extract heat at low
temperatures and reject heat at high temperatures. Moist air coming from the drum it utilized as the
heat source for the evaporator, while air cooled by the evaporator is reused as the heat sink for the
condenser. By extracting heat from relatively low temperature moist air condensation of water are
obtained. By reheating the chilled air low RH (Relative Humidity) of the air is obtained at high
temperature. The low RH air is blown across wet fabrics, absorbing moisture due to the difference
in vapor pressure relative to the near saturated air close to the wet fabric. Subsequent to absorbing
moisture, the moist air is refed into the HP evaporator by use of a closed air loop.
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Utilizing a heat pump to condense water and reheat the air are found to theoretically offer energy
savings up to 69% compared to traditional air vented dryers (Gopalnarayanan and Radermacher
1997).
The IX-diagram in Fig. 1 provide the basic understanding of the physics behind a closed loop drum
drying process. The air initially at state 1 absorbs moisture from point 1 to point 2. Assuming
adiabatic drying, moisture extracts energy from the air in order to evaporate, thus maintaining
constant enthalpy. This causes RH to increase and temperature to decrease. As the air is cooled
by the evaporator from point 2 to point 3, moisture condenses at the evaporator surface at point 4.
Due to energy being extracted by the evaporator, temperature and enthalpy decreases. The air is
then reheated at constant mixing ratio by the condenser from point 3 to point 1, causing the
temperature and enthalpy to increase.

Figure 1. IX diagram explaining the drying process

Due to the nature for air – water vapor mixtures, the most efficient drying is obtained at high
temperatures in the right side of the IX diagram. As the airs ability to hold water increases
exponentially at increased temperatures, more water may be removed by the same amount of air.
This reduces the amount of air that needs to be moved by the drum fan, thus reducing overall
energy consumption. Consequently, higher Coefficient of Performance (COP) of the heat pump
does not directly translate to increased overall energy efficiency.
1.2. Environmental Effects
The positive environmental effect caused by increased efficiency and energy savings of heat pump
assisted drum dryers are diminished by the use of environmental unfriendly refrigerants. Ozone
depletion caused by high ODP (Ozone Depletion Potential) CFC’s, global warming contribution
from high HFC’s and the unknown environmental consequences of HFO’s are concerns related to
the use of traditional refrigerants. Natural refrigerants such as propane are not inflicted by these
concerns. The ODP and GWP of R290 is respectively 0 and 3. In comparison the ODP and GWP
of R134 are respectively 0 and 1340 (UN 1989, EU 2014, Ciconkov 2018).

2.

MATERIALS AND METHOD

2.1. Collection of Data
Data has been collected using a standard Bosch Serie 4 WTW86298SN drum dryer. It is a HPDD
(Heat Pump assisted Drum Dryer) using R134a as working fluid. Initial to the study, the original
instrumentation and control module of the drum dryer were removed. To obtain satisfactory control
of the process, manual switches were used to turn the compressor, drum motor and drum fan
on/off. Suitable instrumentation was added to the drum dryer. Temperature is measured at six
points of the HP cycle, as well as at three points of the air cycle. RH of the air is measured along
with the temperature. Pressure is measured before and after the HP compressor. Additionally, the
input power to the compressor and auxiliary components are measure separately. Fig. 2 shows a
schematic of the instrumentation, as well as the drum dryer.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4279

Figure 2. Schematic of the HPDD including instrumentation. P1 and P2 are pressure transmitters. T1T6 are thermistors. T9/H9, T10/H10 and T11/H11 are combined humidity and temperature sensors.

T1 – T6 represents the six thermistors used to measure the temperatures of the HP circuit. The
thermistors are attached to the outside of the tubes by aluminium tape and insulated from the
ambient by cellular rubber. T9/H9, T10/H10 and T11/H11 represents the remote probes of the
VAISALA humidity and temperature transmitters used to measure temperature and humidity of the
airstream. Conversion formulas provided by VAISALA are used to convert the relative humidity
measured by the probes to mixing ratio and absolute humidity. P1 and P2 are pressure
transmitters, respectively DRUCK PTX 110/W at the low-pressure side and Endress+Hauser
Cerabar PMC731 at the high-pressure side.
The weight of the dried fabric was measured before and after experiments using a Mettler Toledo
XS32001LX scale. The measured weight was collected manually, while parameters measured by
the sensors adapted to the drum dryer were automatically saved to a log file approximately every
third second throughout the experiments.
2.2. Experimental Parameters
The following test parameters were chosen for the comparison to R290; A test load of 2.642 kg
fabric consisting of various cotton, soaked and centrifugally treated at 1400 rpm in an AEG
LN58460 washing machine. The initial state of the system was set to be in equilibrium with the
ambient air in the laboratory. Equilibrium were defined by the temperature measurements to being
equal to ambient temperature, and the pressure measured by the pressure sensors equal to
saturation pressure at ambient temperature. The length of the experiments were set to 80 minutes,
as initial experiments revealed residual moisture of 3-5% at that time.
The baseline for evaluation of the performance of R290 were established by performing
experiments on the original R134a system. Due to the need of draining the system to install
pressure transmitters, the system was recharged with 220g R134a. The charge after installation
were equal to the factory charge stated by markings on the dryer. Experiments were performed
before and after recharge to ensure that the recharge did not affect performance.
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2.3. R290 Rebuild
To ensure adequate and unharmful operation the original R134a compressor was substituted for a
Tecumseh AE4430U-FZ1A compressor. The AE4430U-FZ1A is a hermetic reciprocating
compressor developed for use with R290. Efforts were made to fit the larger outer dimensions of
the R290 compressor within the original casing of the dryer, ensuring relatively unaltered insulation
and heat loss as well as suction and exhaust tube lengths. A service valve was fitted to the
process port of the compressor, allowing for alternating refrigerant charge. Instrumentation were
refitted and reinsulated as similar to prior as possible. Comparison of rated parameters of the
original and substitute compressor is found in Table 1.
Table 1. Rated parameters of the original R134a compressor and the replacement R290 compressor

Producer

Modell no.

Type

Rechi
Precision

39E073B

Tecumseh

AE4430U-FZ1A

Hermetic
Reciprocating
Hermetic
Reciprocating

Input
power

Frequency

7.5 ccm

300 W

50 Hz

6.12 ccm

315 W

50 Hz

Refrigerant Displacement
R134a
R290

A series of experiments were performed on the R290 system with unaltered capillary tube at
different charge levels. Subsequent to obtaining a satisfactory amount of data, the capillary tube
was replaced. The internal diameter of the capillary tube was kept constant at 1.00mm. The length
of the capillary tube was increased by 53%, from 78.5cm to 120.0cm. The replacement capillary
tube was soldered into place, maintaining the same length of insertion into the connecting tubes as
before. No modifications were made to the tube and fin types condenser or evaporator. Due to the
safety regulations in IEC 60335-289:2010 the maximum refrigerant charge is 150g. At the
maximum charge of 150g R290 the global warming potential equivalents 0.450kg CO2. The original
charge of 220g R134a equivalents 295kg CO2.
2.4. Experiments matrix
A total of 23 experiments form the data basis for the results and discussion. Parameters and
number of experiments are presented in Table 2. The parameters of the experiments are selected
based on calculations and investigative experiments. Excess of three repetitions at each set of
parameters are initiated by excessive variance and deviations in the results after three repetitions.
Table 2. Matrix of experiments providing the data basis for results and discussion

Reference
no.

Refrigerant

#1
#2
#3
#4
#5
#6

R134a
R290
R290
R290
R290
R290

Capillary tube
diameter
[mm]
1.00
1.00
1.00
1.00
1.00
1.00

3.

Capillary
tube length
[cm]
78.5
78.5
78.5
78.5
78.5
120.0

Refrigerant
charge
[g]
220
100
115
125
135
150

Number of
experiments
3
3
5
4
3
5

RESULTS AND DISCUSSION

The system is evaluated in terms of COP, SMER (Specific Moisture Extraction Rate) and MER
(Moisture extraction Rate). COP are calculated from sensor readings, while SMER and MER are
calculated from the weight of the fabric before and after drying. Intermediate values of SMER and
MER are calculated from hygrometer readings, calibrated against fabric weight for each individual
experiment.
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3.1. Optimization
A series of experiments (Ref. no #2, #3, #4, #5) were performed to investigate the ideal R290
charge while maintaining the original capillary tube. It is seen in Table 3 that the highest COP was
obtained at 125g charge, while the highest SMER was obtained at 115g. By regression analysis
the ideal charge in respect to COP was found to be 123g of R290.
Table 3. System performance at different R290 charge levels. The compressor
is replaced while maintaining the original capillary tube.

Reference
no.
#2
#3
#4
#5

Refrigerant
charge
100g
115g
125g
135g

COP

SMER

MER

3.88
3.93
3.96
3.92

1.68
1.71
1.67
1.69

0.887
0.896
0.892
0.911

The length of the capillary tube was increased from 78.5 cm to 120cm by replacement. Due to
excessive overheating at the evaporator outlet subsequent to the replacement, the charge was
increased until reaching the maximum limit of 150g. At 150g adequate overheating were obtained.
Table 4 shows that increased COP was obtained at this state, while SMER and MER did not
deviate significantly compared to previous experiments. While the performance parameters of the
R134a system is also seen in Table 4, characteristics of the original R134a system is compared to
the R290 system at 120 cm capillary tube and 150g charge in the following subchapters.
Table 4. System performance of the original R134a system and the rebuild R290 system. For the R290
system the compressor and the capillary tube has been replaced while the charge is 150g

Reference
no.
#1
#6

Refrigerant

COP

SMER

MER

R290
R134a

3.80
4.03

1.69
1.70

0.914
0.912

3.2. Heat Exchange and Temperature Development
The development of the Log Mean Temperature Difference (LMTD) throughout the experiment is
plotted in Fig 3. The plotted value the average for the experiments performed on the R134a (#1)
system, and the average for the experiments performed on the R290 (#6) system. The LMTD is
calculated based on condensation and evaporation pressure derived from condensation and
evaporation pressure through saturation tables. The LMTD equation does not allow for applying
subcooling or overheating to the equation. The plot shows that the LMTD of the evaporator
decreased when charged with R290 compared to R134a, indicating slightly superior heat transfer
characteristics of R290.

Figure 3. LMTD of the Condenser and Evaporator of the R134a (#1) system and the R290 (#6) system

Towards the end of the experiments the Evaporator LMTD of both refrigerants increases
significantly, while the Condenser LMTD decreases. The decrease in evaporator LMTD is a result
of decreased moisture ratio of the air coming from the drum, seen in Fig. 4. Moist air inhibits
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improved heat transfer characteristics compared to dry air, providing lower LMTD while the air is
moist. The decrease in Evaporator LMTD while charged with R290 suggests that the refrigerant
side (tubing) of the evaporator may be reduced when designing a HPDD utilizing R290.
The Condenser LMTD is influenced by the amount of subcooling at the condenser outlet.
Increased subcooling implies that a larger part of the condenser contains refrigerant at
temperatures below condensation temperature. This requires the smaller part of the condenser
filled with refrigerant at condensation temperature to transfer more heat through a smaller surface
area, demanding increased temperature difference. Due to decrease in subcooling at the
condenser outlet towards the end of experiments, a corresponding decrease in the LMTD is
observed.

Figure 4 - Air cycle temperature and RH. R290 (#6) to the right and R134a (#1) to the left.

As the humidity of the drum exhaust air declines, increase in the temperature difference between
the drum exhaust air going into the evaporator and the air leaving the evaporator is observed. As
less moisture is available in the drum, less energy is taken from the air to evaporate water
providing elevated temperatures at the drum outlet. In the evaporator less energy is available in the
air as the humidity declines, due to the latent heat of evaporation of water. To maintain heat flow to
the evaporator, the sensible cooling of air must increase.
3.3. System performance
As observed by Table 3 and Table 4 the highest SMER is observed while the R290 system was
charged with 115g R290 and the original capillary tube maintained. Statistically, no difference
between the measured SMER values were found (P>0.05). The highest COP was observed after
capillary tube replacement, while charged with 150g R290. The increase in COP was found to be
statistically significant (P<0.05). Compared to the original R134a system, the COP increase was
6%. The development of the COP throughout the experiments are shown in Fig. 5, while the
efficiency of the compressor is shown in Fig. 6. Due to the increase in LMTD of the condenser and
evaporator discussed earlier, the COP is reduced even though the compressor efficiency
increases. Increased temperature difference requires more work to be done by the compressor.
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Figure 5. COP of the HP pump vs. time

Figure 6. Efficiency of the compressor vs. time

The SMER relies on the energy consumption of the drum fan and drum motor, as well as the COP
of the HP. Maximum SMER and maximum COP is not observed at the same time. This is caused
by the increased efficiency of the drying process at elevated temperatures. As the temperature
increases, the drying process is moved to the right in the IX-diagram, where more moisture can be
held by a given amount of air. This reduces the need for work to be done by the fan to remove the
same amount of moisture. As the fan and drum is run by the same motor at constant speed, the
measured energy consumption relatively constant. The energy consumption for the compressor
increases along with the drying rate. By summation of the components, the total energy
consumption per unit of moisture removed is at its lowest at relatively high temperatures and high
drying rates.

Figure 7. SMER vs. time

Figure 8. Condenser and Evaporator heat flow
vs. time for the R134a (#1) system and the R290
(#6) system

As seen by Fig. 7 and Fig. 8Figure 8 the maximum SMER is obtained simultaneously with the
highest heat flow through the evaporator and condenser. It elucidates that the HPDD overall
efficiency relies on minimum energy to be used for moving air and rotating the drum per unit of
moisture extracted by the heat pump. The SMER as well as the heat flow increases as long as
close to constant relative humidity of the air leaving the drum is maintained. Reduction in humidity
of the air leaving the drum causes rapid decrease in both SMER, drying rates and heat flow.
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4.

CONCLUSIONS

By substituting no other components than the compressor, R134a was replaced with R290 without
diminishing energy efficiency, reliability or drying rates. Subsequent to replacing the capillary tube,
6% increase in the heat pumps COP was observed. Due to lowered drying temperatures, no
significant increase in SMER were observed. The maximum charge of 150g R290 set by the IEC
60335-2-89:2010 was not exceeded.
It is possible to conclude that successful substitution of R134a for R290 in heat pump assisted
drum dryers may be accomplished without making excessive changes to system design or
challenging charge regulations. Providing compressor replacement, the same level of energy
efficiency and reliability is obtained. By proper replacement of the capillary tube, increased energy
efficiency may be obtained.
The climate affect caused by leakage or improper handling of used refrigerant is reduced
tremendously by utilizing R290.
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ABSTRACT

Water heating represents significant energy use and accounts for a high proportion of total energy
consumption in residential section. Air source heat pump water heater (ASHPWH) has been
recognized as a very promising technology with advantages of energy-saving, safe in use, low
cost, etc. The current heat pump systems are subjected to inefficient operation all year around. A
novel ASHPWH is proposed for wide temperature scale. It consists of four different operating
modes. The mathematical model is established and integrated with refrigerant properties from
REFPROP. Results show that the switch strategies of ambient temperature for optimum COP are
distinguished. At outlet water temperature of 41 oC, the switch ambient temperature is -18 oC and
16.5 oC for Mode A, Mode B and Mode D. Its application in typical cities has superior performance
to each individual cycle. In Guangzhou, the proposed system shows the highest improvement.
The experimental study of Mode C and Mode D indicates that the later one has better COP at
ambient temperature of -25 oC and -12oC.
Keywords: COP, Efficiency, Heat Pump, Operating Mode, Ambient Temperature.

1.

INTRODUCTION

Water heating consumes a significant percentage of total end-use energy in residential sections,
which accounts for 15% in China, 18% in USA, 25% in UK, 30% in Australia and 20% in Canada
(Guo et al. 2019). Heat pump is able to generate much more heat with the same amount of
electricity used for conventional heaters, and it only use 40%-100% energy of electric heating
units and 30%-50% of gas units. It is very helpful to reduce the consumption of electricity and
fossil energy. Air source heat pump water heater (ASHPWH) makes a better use of the energy
from air that is an excellent source in terms of availability. With benefits of comparably low initial
cost, energy saving, effectiveness and environmental benign, it has gained the increasing
popularity for water heating application.
Numerous investigations on heat pump water heater have been carried out with focus on various
heat pump cycles, such as single-stage cycle, vapor-injection cycle, two-stage cycle and cascade
cycle. Ji et al. (2005) proposed a single-stage heat pump cycle having multi-functions of three
operating modes, namely water-heating, space-heating and space-cooling, under the ambient
temperature (Tair) of 2.8 oC. The energy-saving was confirmed. Cho and Choi (2013) carried
experiments on a similar heat pump cycle under various operating modes in which the heating
mode was operated at the Tair of 5 oC. They found that the cooling-hot water mode had the
highest COP. To improve the heating performance at low Tair, the vapor-injection compressor is
rapidly developed and implemented since only one compressor is used to achieve high pressure
differences. Heo et al. (2011) studied four different vapor-injection cycles at Tair of -15 oC and
discovered that they had equivalent COP, but the vapor-injection cycle with a flash tank had
superior heating capacity. Two-stage heat pump cycle employs two compressors with the cooled
temperature at the second stage compressor suction. Cao et al. (2014) comparatively studied the
thermodynamic and economic heat pump performance of a single-stage cycle and five two-stage
cycles for high condensation temperatures. It is concluded that the two-stage cycle with flash tank
was favorited due to high COP and less initial investment. Regarding the cascade cycle, it
consists of two single-stages working with different refrigerants, aiming to get even larger
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temperature difference. Jung et al. (2013) verified that the cascade heat pump had more stable
air and water heating operations and higher water outlet temperatures than the single-stage one
under the evaporation temperature of 0 oC. Shen et al. (2018) presented a heat pump by
changing operation mode between single stage cycle and cascade cycle to satisfy the heating
demand under different Tair in the range from -12 oC to 10 oC, and claimed that the COP curves of
different modes crossed each other, leading to the optimal control method. Moreover, Bertsch
and Groll (2008) compared three heat pump cycles (two-stage with intercooler/economizer and
cascade) and pointed out that the cascade cycle had the better performance at Tair between -30
o
C to 10 oC. Roh and Kim (2014) revealed that the applications of vapor-injection to up and/or low
stages of cascade heat pump cycle could enhance heating capacity by 12% but decrease COP
by 6.6%. In general, different cycles have their preferable operating conditions.
ASHPWH has optimal performance only under certain operating conditions, especially for a fixed
structure. At low Tair, the single-stage cycle has high compressor discharge temperature, leading
to compressor shut down because of its protection. Moreover, it has significantly degraded COP
when lowering Tair. Hence the two-stage cycle are mostly applied. At high Tair, the two-stage cycle
has to operate intermittently to reduce the heating capacity, while for cascade cycle neither the upstage nor the low-stage can work solely because of the connection of intermediate heat exchanger.
Thus the single-stage cycle is recommended. In a word, no individual heat pump cycle can
generally serve for wide temperatures with high efficiency. Given the fact that the considerable
variations of year-round Tair, how to keep heat pump operation efficiently at different seasons is of
necessity to solve and to enhance the system feasibility.
In this paper, a novel ASHPWH system is proposed, which has four different cycles coded by four
operating modes. The objective is to improve the heat pump efficiency throughout the entire year
that has large variations of Tair. The system operating modes are identified and its performance is
evaluated at four cities in China. Preliminary experiments are also conducted and analyzed. The
study is useful to provide guidance for selecting suitable cycles and control designing of the
proposed novel ASHPWH.

2.

SYSTEM DESCRIPTIONS AND FORMULATIONS

Fig. 1a schematically shows the proposed ASHPWH system. Basically, it is the combination of a
vapor-injection cycle and a cascade cycle. The vapor-injection cycle and a single-stage cycle are
located at the up-stage and low-stage, respectively, in the cascade cycle, and they are connected
by an intermediate heat exchanger acting as evaporator for up-stage and condenser for low-stage.
More interestingly, they have a mutual evaporator. By opening/closing the valves (V1-V3), it can
operate at four modes corresponding to four cycles, namely single-stage cycle (Mode A), vaporinjection cycle (Mode B), cascade cycle (Mode C) and vapor-injection cascade cycle (Mode D), as
listed in Fig. 1b. To be specific, it is a single-stage heat pump as Mode A when vapor-injection line
(V1), intermediate heat exchanger line (V2) and the low-stage are closed. The vapor-injection
cycle is realized by closing V2 and low-stage. Regarding cascade cycle, V1 and V3 are closed.
For injection-cascade cycle, only V3 is closed. It aims to achieve the relatively superior annual
efficiency by switching among different modes to work at own optimal Tair.
Cold water in
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Figure 1: Proposed heat pump system (a) schematic diagram (b) its operation modes
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For simplicity, the assumptions in the theoretical calculations are made as: the system operates
steady; the pressure drop and heat loss are neglected. The temperature differences are set as
constants. The system performance is evaluated based on the conservations of mass and
energy. Therefore, the following equations are used:
Qcon =ṁ4 ·(h 4 -h 5 )

Eq. (1)

Wup,I =ṁ4 ·(h 4 -h 1 )
Wup,I =ṁ1 ·(h 2 -h 1 )+ṁ4 ·(h 4 -h 3 )

Eq. (2)

Wlow=ṁ1’ ·(h 2’ -h 1’ )

Eq. (4)

ṁ1 ·(h 7 -h 1 )=ṁ1’ ·(h 2’ -h 3’ )

Eq. (5)

ṁ1 ·(h 5 -h 6 )=ṁ9 ·(h 9 -h 8 )

Eq. (6)

For mode A

COP= Qcon / Wup,I

Eq. (7)

For mode B
For mode C

COP= Qcon / Wup,II
COP= Qcon /( Wup,I+Wlow)

Eq. (8)

For mode D

COP= Qcon /( Wup,II+Wlow)

Eq. (10)

APF=ΣQcon,i/ΣWi=Σfi·COPi

Eq. (11)

Eq. (3)

Eq. (9)

where Qcon is heating capacity in kW, Wup,I, Wup,II and Wlow are compressor electricity
consumptions in kW at single-stage, vapor-injection and low-stage, respectively. ṁ is mass
flowrate in kg/s, h is specific enthalpy in kJ/kg. COP is coefficient of performance, which is
calculated accordingly for these four modes. The subscripts are in consistent with Fig. 1. APF, i.e.
annual performance factor, is applied to evaluate the performance throughout a year. The
subscript i represents Tair=i oC and fi is the frequency of Tair=i oC in total hours of a year.

3.

EXPERIMENTAL SETUP

To confirm the effectiveness of proposed ASHPWH system, an experimental prototype was
constructed as shown in Fig. 2a. A vapor-injection scroll compressor having a displacement of
12.8 m3/h and a rotary compressor with a displacement of 7.3 m3/h were equipped, in which
R134a and R410A were used, at the up stage and low-stage, respectively. Moreover, three plate
heat exchangers were employed as the condenser, intermediate heat exchanger the economizer.
The cooperative evaporator was modified from a double-row fin-and-tube heat exchanger. All
expansion devices were electronic expansion valves (EEV) due to its convenience for
adjustments. Other auxiliaries, such as receiver, liquid-vapor separator, sight glasses, were also
installed to facilitate system operation.
(a)

(b)
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Water
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Evaporator
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Pump
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Figure 2: (a) Heat pump prototype (b) schematic of testing lab

The testing lab is schematically illustrated in Fig. 2b. The temperature of testing room can be
controlled in the range from -25 oC to 60 oC by the evaporator of a chiller units and the electrical
heater, while its relative humidity is regulated by the humidifier in the range of 30%-90%. The
testing prototype is connected to a water tank. The water temperature (4-80 oC) and flowmeter
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are automatically maintained. The testing lab is able to measure the heating capacity of 1.5-25
kW. In the present testing, the heating capacity, the compressor power consumption and COP
are directly recorded with uncertainties of ±1.5%, ±0.2% and ±1.5%, respectively.

4.

RESULTS AND DISCUSSIONS

To discover the characteristics of the proposed ASHPWH system, the effects of ambient
temperature (Tair) are firstly evaluated at different water outlet temperatures (Twater,out) in order to
identify its optimum operation of the four modes and determine the Tair switching strategy. Then it
is applied to four different cities from North to South in China to reveal its superiority in terms of
APF. R134a and R410A are employed in the up-stage and low-stage, respectively, as same as in
the experiments. The empirical correlations of the compressor isentropic efficiencies were
provided by the manufactures in the experiments. The other operating conditions in theoretical
calculations are constantly set as listed in Table 1. A MATLAB program is compiled to calculate
the system performance. The fluids (R134a, R410A, water and air) are taken from refrigerant
property database (REFPROP 10.0).
Table 1. Conditions in the calculation

Parameters

Value

Temperature difference between ambient and evaporator

10 oC

Temperature difference between water outlet and condenser

7 oC

Temperature difference in the intermediate heat exchanger

8 oC

Temperature difference in the economizer

5 oC

Subcooling at the intermediate heat exchanger and condenser

0 oC

Superheating at the intermediate heat exchanger outlet

10 oC

Up-stage compressor displacement

5 oC
12.8 m3∙h-1

Low-stage compressor displacement

7.3 m3∙h-1

Superheating at evaporator outlet

Preliminary experiments are mainly carried out according to Chinese standard (GB/T 25127.22010), in which the nominal operating condition is specified as: Tair of dry bulb and wet bulb are
kept at -12 oC and -14 oC, respectively, meanwhile Twater,out is 41 oC and water flowrate is 0.172
m3/h. It is noted that in the paper only Mode C and Mode D are attempted to be examined, while
Mode A and Mode B are not discussed since they are still under calibrations.
4.1 Performance Evaluation for Different Operating Modes
Fig. 3 depicts COPs of the four modes at various Tair (from -25 oC to 35 oC) and Twater,out (41 oC, 50
o
C, 60 oC and 70 oC) with the eliminations of some data that have the compressor discharge
temperature higher than 140 oC. As expected, COPs of all modes increases with the increasing of
Tair and the decreasing of Twater,out. Due to various sensitivity of the four modes subjected to Tair,
COPs curves of the operating modes are crossed. Clearly, Mode A has the most significant
variation rate of COP, followed by Mode B and then Mode C, while Mode D is the least. As a
result, each mode has its optimal operating conditions, which fulfills the intension of the proposed
ASHPWH system that is to widen the operation conditions without serious penalty of COP relative
to any individual cycle. For instance, at Twater,out=41 oC, when Tair is higher than 16.5 oC, the
single-stage cycle has the best COP; when Tair is between -18 oC to 16.5 oC, the vapor-injection
cycle has the best COP; when Tair is lower beyond -18 oC, the injection-cascade has the best
COP. In other words, the operation of proposed system at Twater,out=41 oC should be as following:
Mode D is in action as Tair ≤ -18 oC; Mode B is in action as -18 oC ≤ Tair ≤ -16.5 oC; Mode A is in
action as Tair ≥ 16.5 oC. With this switching strategy, the proposed ASHPWH system could have
the superior performance. Similarly, at Twater,out=50 oC, the switching temperature points are Tair at
-8 oC and 28 oC among Mode D, Mode B and Mode A. As for Twater,out=60 oC and 70 oC, only
Mode D and Mode B are in operation with the switching temperature of Tair at -5 oC and 0 oC,
respectively. Interestingly, the switching Tair also increases with the increasing of Twater,out, which
means that the precise control is of great importance for specific operating conditions. Moreover,
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it seems that Mode C is not covered in the operation because of its moderate performance.
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Figure 3: Variations of COP of different modes with ambient temperature

4.2 System Performance at Different Cities

Hours (×100)

Different cities have their specific climate characteristics and its Tair changes dramatically. As
shown in Fig. 4 of climate temperature data for four cities in China, namely Shenyang, Beijing,
Wuhan and Guangzhou (Meteomanz 2019), the biggest temperature difference between the
minimum and maximum ones can be up to 55 oC. As indicted, an individual heat pump cycle
cannot operate with its optimal performance throughout the whole year. Moreover, the duration of
each temperature ranges are significantly differentiated from these cities. The north city
Shenyang has major Tair lower than 0 oC that accounts for 35.2% of all 8760 hours a year, and it
also has extra low Tair of -24 oC. Beijing has the most Tair in the range -5 oC to 30 oC, and Tair of
Wuhan are mostly from 5 oC to 30 oC. As for the south city Guangzhou, it is typical subtropical
climate and has an average Tair of 22 oC with no exception of lower than 0 oC.
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Figure 4: Hours of ambient temperatures at four cities in China

The proposed ASHPWH system is attempted in these four cities by means of comparing APF to
that of each individual cycle. At the scenario of Twater,out=41 oC, the switching Tair of the proposed
system are -18 oC and 16.5 oC, as indicated in Fig. 3(a). Moreover, the single-stage cycle at Tair <
-5 oC is exclusively feasible due to the extremely high compressor discharge temperature, which
means it does not work. Under such circumstances, the electrical heater has to be used.
Meanwhile, its efficiency is considered to be equal to one at these conditions. The values of APF
are presented in Table 2. Since the four cities are from north to south with an increase annual
average Tair, APFs of the four individual cycles (single-stage, vapor-injection, cascade and
injection-cascade) and the proposed system are also increased. Furthermore, the vapor-injection
cycle has superior APFs among the four cycles, which is explained by its widest range of Tair for
optimal COP, i.e. Mode B in the proposed system. By integrating Mode A and Mode D at their
corresponding optimum conditions, the proposed system has even more preferable APF that is
4%, 6.3%, 7.4% and 9.0% higher than that of vapor-injection cycle at Shenyang, Beijing, Wuhan
and Guangzhou, respectively.
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o

Table 2. APF when Twater,out=41	
   C for different modes

City

Single-stage
(Mode A)

Vapor-injection
(Mode B)

Cascade
(Mode C)

Injection-cascade
(Mode D)

Proposed system
(Switch mode)

Shenyang

3.58

4.30

3.39

3.16

4.47

Beijing

4.23

4.64

3.64

3.27

4.93

Wuhan

4.67

4.88

3.82

3.35

5.24

Guangzhou

5.46

5.25

4.07

3.44

5.72

4.3 Experimental Results
By carefully adjusting the refrigerant charges and the openings of electronic expansion valves of
the prototype at Mode D, the optimum COPs are obtained based on cascade cycle under nominal
operating condition (Tair=-12 oC and Twater,out=41 oC) according to Chinese standard (GB/T
25127.2-2010). Moreover, the extra low Tair of -25 oC is also tested for both Mode C and Mode D.
The experimental results are listed in Table 3. It is found that Mode D has improved Qcon of 3.0%
and 5.8% than those in Mode C at Tair of -12 oC and -25 oC, respective, and it also has higher
COPs of 3.3% and 6.8%. This indicates that Mode D is more effective at the lower Tair. Moreover,
Qcon at Tair = -25 oC is much lower than that at Tair = -12 oC at both modes.
o

o

Table 3. Experimental results at ambient temperature -12 C and -25 C

Tair

Operating mode

-12 oC
-25 oC

Mode C

Qcon (kW)
8.761

W (kW)
4.766

COP
1.838

Mode D

9.290

4.894

1.898

Mode C

6.189

4.354

1.422

Mode D

6.994

4.604

1.519

More experiments are targeted to the various operating conditions of Mode C that is relatively well
calibrated. The results of COPs are shown in Fig. 5. Obviously, COP decrease with enlarged
temperature, i.e. the reducing of Tair and the increasing of Twater,out. It is more sensitively influenced
by Tair than Twater,out. For example, a 1 oC change in Tair leads to an average 0.027 change of COP,
while a 1 oC change in Twater,out results in an average COP variation of 0.011. Moreover, effects of
Twater,out on COP at low Tair are less significant than at high Tair. The similar characteristic is also
found for the effects of Tair at different Twater,out. Therefore, it is more preferred at larger
temperature differences.
2.4
1.8

COP

-25 oC

Tair :

-20 oC

-12 oC

1.2
0.6
0.0

40
41

45

50

Twater,out (oC)

55

60

Figure 5: Experimental COP of Mode C at different operating conditions

Fig. 6 depicts the variations of heat capacity (Qcon) from the experiments. Similarly, Qcon increases
with the increasing of Tair. When Tair rises from -25 oC to -12 oC, Qcon improves ranges from 29.2%
from 41.5% in the considered conditions. This can be explained by the variations of refrigerant
mass flowrate at different Tair. A higher Tair causes a higher evaporating temperature in the
evaporator, hence the compressor suction pressure increases as well, which means the specific
volume is reduced. Consequently, more refrigerant can be entered to the compressor, i.e. higher
mass flowrate. Moreover, for a certain Tair, Qcon is insignificantly impacted by Twater,out. This is
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contributed by the regulated water side during the experiments.
Qcon (kW)

12

-25 oC

Tair :

9

-20 oC

-12 oC

6
3
0

40
41

45

50

Twater,out (oC)

55

60

Figure 6: Experimental heating capacity of Mode C at different operating conditions

5.

CONCLUSIONS

A novel ASHPWH system with different operating modes is proposed to have wide operating
conditions. The theoretical evaluations and experimental studies are conducted. The main
findings are addressed as:
(1) Each individual cycle has different sensitivities, and they fail to cover the wide ambient
temperature ranges with optimal COPs.
(2) The proposed system has various operating modes and switching strategy of ambient
temperatures when the water outlet temperature is different.
(3) The proposed system has the superior APF compared to any individual cycle. Its application
to Guangzhou is most promising with the enhanced APF of 9.0%.
(4) The experiments reveal the COP of injection-cascade is 3.3% higher than cascade cycle
when ambient temperature is -12 oC. The improvement is more obvious at 6.8% at the
ambient temperature of -25 oC.
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NOMENCLATURE

APF
COP
f
h
ṁ
Q
T
W

annual performance factor
coefficient of performance
typical temperature frequency
specific enthalpy (kJ∙kg-1)
mass flow rate (kg∙s-1)
heat load (kW)
temperature (K)
compressor power consumption (kW)

Subscripts
air
con
i
low
up
1-9 and 1’4’

ambient
condenser
normalized temperature
low-stage in cascade
up-stage in cascade
locations in Fig. 1
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ABSTRACT
In the scope of a demonstration project, an absorption resorption refrigeration system (RRS) has
been further developed from the functional to the prototype status. The RRS was integrated into the
heating, cooling and refrigeration structure of a supermarket. The main purpose of the integration
was the increase in the annual efficiency of the Cogeneration plant (CHP) and the reduction of
electrical energy consumption of the cooling system in the A/C level (3°C to 9°C) and medium
temperature refrigeration (-6°C to 6°C).
To distribute the cooling capacity a secondary refrigerant cycle is used, which allows additional R290
refrigeration units. A PCM cold storage unit was installed to further increase the flexibility of the
generation of power, heating and cooling capacity.
The implementation of the RRS is presented and the achieved cooling capacities are discussed
depending on selected boundary conditions.
Keywords: Resorption, Absorption, Ammonia-water, Supermarket, Cogeneration.

1. INTRODUCTION
In all scenarios of the transition to a regenerative-based energy supply, the use of the advantages
of highly efficient cogeneration plants (CHP) is one of the recognized methods (BMWi, 2014). To
this end, the potential of a combined heating, power and cooling system (CHCP) must be exploited
to provide a guaranteed and efficient cooling for storage in the food industry as well as for industrial
and technological processes. In order to further increase the operating hours of combined heat and
power plants (CHP plants), the low temperature waste heat can be used in the summer and
transitional months to provide refrigeration capacity even in the range below 0 °C. The resorption
technology offers a promising technical alternative to conventional CHCP plants. Within the scope
of the ResoField project a new absorption resorption refrigeration system for combined heating,
power and cooling supply (CHCP) with a maximum cooling capacity of 25 kW was
thermodynamically optimized. In order to demonstrate the plant technology and to compare the
economic efficiency with other thermally driven refrigeration plants, a resorption plant was designed,
manufactured, implemented in a reals supermarket and operated for a period of 6 months up to now.
After a brief outline of the functional principle of resorption technology, the integration of a resorption
plant into the system network of heat and cold generators of a supermarket and their mode of
operation is illustrated by means of suitable tables and figures.

2. RESORPTION REFRIGERATION PROCESS
2.1.

Distinction from the Absorption Process

The technology of refrigeration by resorption is as old as that of absorption and its implementation
was already described by Altenkirch in 1954 (Altenkirch, 1954). The significant difference to
absorption is that the refrigerant always occurs in solution with the absorbent and therefore another
solution circuit with an absorber and a desorber replaces the condenser and the evaporator. As a
result, the system pressure can be reduced and cost-intensive components such as the rectification
column can be omitted, especially in systems with ammonia-water as the working fluid pair. This
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results in safety-related and economic advantages, which have made the implementation of
absorption chillers of low capacity (<100 kW) unprofitable so far.

K…desorber, C…condenser, V…evaporator; A…absorber; E…degasser (cold desorber),
RS…resorber; LV/RV…throttle valve; R…rectification; LP…solution pump; TW/N…internal heat
exchanger, pc…condensation press., p0…evaporation
3* press.
8*

pC
Figure 1: Comparison
of the interconnection of absorption (left) and resorption refrigeration (right)
systems according to Niebergall (1981).
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As mentioned in section 2.1, the resorption chiller is characterized by its second solution circuit and
the resulting duplication of the components absorber, desorber, internal heat exchanger, throttle
4
valve and psolution
pump, which
eliminates
of the evaporator
and the condenser. The
d,c
5 the need
6
7
process is illustrated in the lg p - - 1/T diagram in Fig. 2. Thus, the decrease of the pressure levels
(condensation pressure: pc → pd,h and evaporation pressure: p 0 → pd,c) as a result of the exclusive
presence of the refrigerant in solution becomes obvious which has decisive impacts on safety and
system design.
Td,h TD*
T =T
T =T =T
0

d,c

a,h

a,c

C

-1/T

Figure 2: Illustration of the resorption refrigeration process in the lg p - -1/T diagram.

2.3.

Boundary Conditions during the Operation of Absorption/Resorption Refrigeration
Systems

As in absorption plants, a heat source is required for the operation of resorption plants. This is
typically required in a temperature range between 70 and 95 °C, which corresponds to the waste
heat temperature level of numerous industrial processes, electrical energy generators (CHPs) or
other energy consumers. The technology can thus be used as an interface technology where even
small amounts of waste heat are generated and also refrigeration is required. Due to the possibility
of shifting the concentration of the refrigerant between the two solution circuits, a direct adjustment
to the external boundary conditions is also quickly possible, which emphasizes the flexibility of the
system technology.
The dependency of the achievable cooling capacity is strongly bound to the recooling conditions in
both resorption and absorption refrigeration systems and is accordingly influenced by the type of
recooling unit. For this reason, adiabatic recooling units (wet recoolers) are favourable. For smaller
systems, the environmental and maintenance requirements are comparatively too high, therefore
dry recoolers are usually used.
Due to the dependency of absorption and resorption chillers on the external boundary conditions,
daily and seasonal fluctuations have an impact on the achievable cooling capacity, which run
contrary to the cooling load in most cases. In the supermarket sector, for example, a higher capacity
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must be provided for air conditioning, especially in summer, in addition to the almost constant cooling
load for food cooling. This is contrary to the operating conditions of absorption chillers. Thus, to
ensure the supply security of the cooling capacity and cold chain of the goods, redundancy of the
cooling systems is required. A stand-alone absorption or resorption refrigeration system, without
being oversized by magnitudes, would not be able to provide the necessary cooling capacity on hot
summer days, which in certain circumstances would lead to significant product losses. An absorption
or resorption system can preferably be installed in the area of supermarkets as an additional unit in
order to relieve the existing conventional compression refrigeration systems

3. INTEGRATION OF A RESORPTION SYSTEM INTO THE COOLING AND HEATING
NETWORK OF A SUPERMARKET
3.1.

Heating and Cooling Supply at the Supermarket

60,000

120.0

50,000

100.0

40,000

80.0

30,000

60.0

20,000

40.0

10,000

20.0

0
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apr may jun

Consumption in kWh

jul

aug sep
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Pel,max in kW el

Electricity
consumption per
month in kWhel

The studied supermarket located near Stuttgart (Germany) is a supermarket with a sales area of
approx. 1300 m 2 and a total area of approx. 1700 m 2. Before retrofitting of the store (refrigeration
and air-conditioning systems, cooling cabinets and installation of a CHP-unit), the total annual
electricity consumption (2011 - 2014) was approx. 500 MWh and the heat consumption approx. 130
MWh, which led to annual energy costs of approx. 90.000 € (see Fig. 3).
Due to the relatively high electricity consumption, it was considered to use a CHP unit with a
maximum power capacity of 48 kW el in addition to redesigning and retrofitting the market. However,
in order to increase the nominal load hours of the CHP unit to cover the electrical power requirement,
an additional heat sink is required to avoid emitting the generated heat to the environment. This
scenario favours the use of a thermally driven refrigeration system. After the retrofitting, the market
has several temperature levels at which cold or heat is required. Several heat generators and
refrigeration units are available for the supply of the different temperature levels (see Table 1).

0.0

dec

P max

Figure 3: Monthly power consumption and peak load of EDEKA Neukauf Moeglingen in 2014 (Korn, 2016)

Table 1: Temperature levels and cooling capacities of the refrigeration units

Temperature level

Aggregate/ refrigerant

Cooling capacity
in kW th

- 22 °C (direct
expansion)

Cascade with
3 compressors (R744)

18

Normal refrigeration
(NR)

-4 / 0 °C

Parallel operation of
2 chillers (R290)

2 x 25

Air-conditioning
(A/C)

4 / 10 °C

1 Chiller (R290)

1 x 44

-6 °C to 10 °C

Resorption refrigeration system
(R717/R718)

1 x 25

Freezing
refrigeration (FR)

Air-conditioning/
normal refrigeration

Due to EDEKA's efforts to primarily use natural refrigerants for cooling and air-conditioning and the
decision to use propane (R290), an outdoor installation of the units in a container was chosen. The
decoupling of the cold in the NR and A/C sectors in the market is therefore not carried out via direct
expansion, as in the case of most CO2 refrigeration systems, but by a distribution via a brine circuit.
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One advantage of this solution is that it is possible to integrate other refrigeration units, such as a
resorption refrigeration system. For the additional decoupling of demand and generation as well as
for peak load coverage, several storage tanks were integrated (see Table 2).
Table 2: Storage units at the supermarket

Storage Type Temperature Level

AC-Storage Tank

Sensitive

6 – 10 °C

1 m³

NR-Storage Tank

Sensitive

-4 – 0 °C

3 m³

Ice-Storage Tank

Latent

-2 – 0 °C

4 x 0,6 m³

Sensitive

70-90 °C

2 m³

Hot Water Storage Tank
3.2.

Volume

Design and Construction of the Resorption Refrigeration System

The ResoField project was preceded by a BMWi-funded project called ResoFreeze
(FKZ: 03ET1121B), in which the resorption plant was tested in the laboratories of the Technische
Universität Dresden. After successful completion of the investigations and significant performance
increases through various modifications (e.g. fluid distribution systems for the absorbers designed
as plate heat exchangers), it was possible to design a resorption plant that could withstand the
requirements of use in field applications. Particular attention was paid to the development of a control
concept for the daily and seasonally dependent fluctuations of the recooling temperatures, as well
as in the technically challenging process of the starting phase. The construction of the resorption
plant at Moeglingen does not differ fundamentally from the one at the TU Dresden, but was extended
by significant elements and optimized under operational safety aspects. A CAD model of the TU
system is shown in Fig. 4, where the red coloured system parts represent the hot solution circuit and
the blue coloured system parts represent the cold solution circuit, each with an absorber, desorber,
internal heat exchanger and a solution pump.
Due to the use of ammonia-water as the working fluid pair, particular attention had to be paid to
safety aspects with regard to the installation site of the plant. For this purpose, a concept was
developed which included the installation as a container solution. At the same time, this allowed the
possibility of installing the new CHP unit, including the hot water and air-conditioning buffer storage,
in the close proximity of the resorption plant to omit long pipes and heat losses. A CAD model of the
40-foot container with the corresponding plant components is shown in Fig. 4.

Figure 4: CAD model of the resorption system at the TU Dresden (left) and 40-ft standard-container with
components, systems and piping at the supermarket in Moeglingen (right).
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4. OPERATING CHARACTERISTICS OF THE RESORPTION REFRIGERATION
PLANT IN THE SYSTEM NETWORK
4.1.

Operating Conditions and Load Cases of the Resorption System

The resorption plant of the supermarket in Moeglingen is part of a network of heat and cold
generators. It has to cover different load cases in order to guarantee the supply of cold for the market
on the one hand and to be operated under economic aspects on the other hand. During the
commissioning, corresponding load cases were implemented in the control program, which are
shown in Table 3.
Table 3: Load cases for the operation of the resorption system and dependence on the heating
demand of the supermarket

Load Case

Supply of NR-Cold
Supply of A/CCold
Charging Ice
Storage
Supply of heating
heat
4.2.

Condition 1

Condition 2

Ambient Temperature
< 22 °C

Heating demand
< 35 kW

Temperature A/C-Storage
> 8 °C
Between
21:00 pm – 06:00 am

Heat consumption
RRS
> 20 kW
Ambient
Temperature
> 5 °C

Condition 3

Ice storage is
unloaded

heating delivery temperature
< 70 °C

Operating Characteristics

Resorption plants ensure base load supply and are designed to produce cold in continuous
operation. For peak load coverage, systems that can quickly achieve a stationary operation point
or/and thermal storages are required. Due to the relatively large masses and heat capacities,
however, slow temperature changes occur in sorption plants, which increases the duration of the
starting procedure.
Starting Procedure
Fig. 5 shows the procedure for starting the resorption plant. In order to couple the cold and hot parts
of the plant, the pressure levels must be adjusted. It can be seen that the amount of consumed heat
increases at the beginning of the procedure. This is necessary in order to heat up the hot part of the
plant and thus achieve the corresponding high pressure level. The cold part of the system is cooled
down after a short delay in order to adjust the low-pressure level which becomes evident by a

Figure 5: Sequence of the starting procedure
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negative cooling capacity (cold input). For this purpose, it is possible to access the NR storage. After
adjusting the pressure levels, the two solution circuits can be coupled (circuit coupling) and the
external boundary conditions can be adjusted. Thus, cooling capacity is generate, which can be seen
in the reduction of the temperature of the decoupling of cooling capacity.
4.3.

Typical Daily Load Profiles

In Fig. 6, Fig. 7 and Fig. 8, typical load profiles are plotted as daily curves. For better clarity, the
cooling capacity is not shown as a continuous curve, but as the amount of heat per hour. In addition,
the connection to the achievable COP (Coefficient of Performance) of the system can be deduced
from the cooling water temperature depending on the outside temperature and the temperature of
the cold decoupling.

Average ambient temperature: 10.7 °C; Average hot water temperature: 82.5 °C; Average cold decoupling temperature: -3.9 °C;
Average cooling capacity: 12.8 kW

Figure 6: Load profile autumn day in NR-mode (26th Sept. 2018).

Fig. 7 shows a significant increase of the COP between 8:30 a.m. and 9:30 a.m. while the cooling
water temperature increases. This is related to a switch from load case NR cooling to A/C cooling,

which is automatically performed by the implemented control system based on the evaluation of
measured variables such as ambient temperature and achievable cooling capacity. If this switching
is not performed, which was intentionally disabled for the measurement in Fig 8, the system is shut
down between 14:30 and 19:30 due to an insufficient cooling capacity within that period.
Average ambient temperature: 20.8 °C; Average hot water temperature: 85.5 °C; Average cold decoupling temperature
(NR/AC): -2.1/4.8 °C; Average cooling capacity: 12.2 kW
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Figure 7: Load profile summer day WITH switching between NR- and A/C-mode (14th Aug. 2018).

Average ambient temperature: 18.4 °C; Average hot water temperature: 83.2 °C; Average cold decoupling temperature: -2.8 °C;
Average cooling capacity: 8.6 kW

Figure 8: Load profile summer day WITHOUT switching between NR- and A/C-mode (12th Oct. 2018).

4.4.

Carnot Efficiency Ratio

In order to compare the RRS in Moeglingen with other systems, the Carnot efficiency ratio for the
external boundary conditions should be used. Table 4 shows the temperatures and heat flows used
in this case. The calculation of the external Carnot efficiency ratio has to be applied because the
external volume flows (cooling water, hot water, cold brine) have different values depending on the
used system and therefore a simple comparison of the heat flows is not sufficient.
According to Niebergall (1981), the external Carnot heat ratio for resorption plants is calculated
according to equation 1. (The description and nomenclature of the indices is listed in table 4.)
1
1
1
1
𝜉𝐶𝑎 = (
−
)⁄(
−
)
𝑇𝐶𝑊,𝐴 𝑇𝑚,𝐻𝑊
𝑇𝐵𝑟𝑖𝑛𝑒 𝑇𝐶𝑊,𝑅𝑆

Eq. (1)

With the heat ratio for resorption plants according to equation 2
𝜉=

𝑄̇0
𝑄̇𝐻

Eq. (2)

the external Carnot efficiency ratio of resorption refrigeration systems can be derived to equation 3
𝜂𝐶𝑒 =

𝜉
𝜉𝐶𝑒

Eq. (3)

Table 4: Descriptions, Nomenclature and quantities for the calculation of the external Carnot
efficiency ratio and exemplary values of one measuring point of the RRS in Moeglingen

Description
Average heat input temperature
Cooling water temperature at the absorber outlet
Cooling water temperature at the resorber outlet
Temperature of the brine at the degasser outlet
Supplied hot heat flow
Cooling capacity
External Carnot heat ratio
Heat ratio
External Carnot efficiency ratio

Nomenclature RRS Moeglingen
𝑇𝑚,𝐻𝑊
353 𝐾 (80 °C)
𝑇𝐶𝑊,𝐴
299 𝐾 (26 °C)
𝑇𝐶𝑊,𝑅𝑆
297 𝐾 (24 °C)
𝑇𝐵𝑟𝑖𝑛𝑒
270 𝐾 (−3 °C)
28,2 𝑘𝑊
𝑄̇𝐻
̇
6,5 𝑘𝑊
𝑄0
𝜉𝐶𝑒
1,57
𝜉
0,230
𝜼𝑪𝒆
𝟏𝟒, 𝟕 %
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5. CONCLUSIONS
Within the scope of the ResoField project, a resorption refrigeration system with the working fluid
pair ammonia-water was installed as an additional thermally driven refrigeration machine for the
refrigeration supply of a supermarket. In close cooperation with the Resotec GmbH, the resorption
system was further developed and designed in the laboratories of the TU Dresden, manufactured
and finally installed as a container solution in Moeglingen. During the commissioning, a PLC control
program was developed that was specifically adapted to the local conditions. The plant was
integrated into the supermarket's network of refrigeration and heat generators in March 2018. Since
then, it has been supplying the market reliably with normal and climatic cooling, using the waste heat
from a CHP unit that was installed specifically for the supermarket's electricity and heat supply.
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NOMENCALTURE
p

pressure

Tstarting

Start-up time

T

temperature (°C)

Tm,HW

Average heat input temperature
Cooling water temperature at the
absorber outlet (°C)
Cooling water temperature at the
resorber outlet (°C)
Temperature of the brine at the cold
desorber outlet (°C)
External Carnot efficiency ratio
Heat ratio

TCW,A
TCW,RS
TBrine
ηCe
ξ

Maximum Electrical Power Consumption
(kW)
FKZ
project code number
German Federal Ministry for Economic
BMWi
Affairs and Energy
A/C
Air Conditioning
Pel,max

NR

Normal Refrigeration

Q̇H

Supplied hot heat flow (kW)

Q̇0

Cooling capacity (kW)

ξCe
COP

External Carnot heat ratio
Coefficient of Performance
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ABSTRACT
The study on the operating characteristics of heat pump in ventilation heat recovery system can
point out the way of improvement for heat pump in this application. An experimental platform was
set to conduct a comprehensive study on the heat pump ventilation heat recovery system in winter
conditions. The results show that under the experimental conditions, the system pressure ratio,
power input and refrigerant mass flow rate decrease with the decrease of outdoor temperature; the
recovered heat, temperature effectiveness and COP (coefficient of performance) increase with the
decrease of outdoor temperature. Increasing the mass flow rate of the system can be an effective
way to improve the performance of heat pump type ventilation heat recovery system.
Keywords: heat pump, ventilation, heat recovery, operating characteristic, improvement, mass flow
rate

1. INTRODUCTION
With the development of economy, people begin to put forward higher requirements for the comfort
of the living environment, so the HVAC industry has been developed and improved. However, while
people are enjoying the comfortable indoor environment, they bring heavy pressure to the natural
environment. In 2017, the world's primary energy consumption is 135.112 million tons of oil
equivalent, while China's is 313.22 million tons of oil equivalent, accounting for 23% of the world's
primary energy consumption, ranking first in the world (British Petroleum, 2018). Statistics show
that in some European and American countries, the energy consumption of heating, ventilation and
air conditioning accounts for about 30% of the national energy consumption (Long,1999). In China,
the total energy consumption of civil buildings has been maintained at 20%-25% in the last ten
years (Tsinghua University, 2015), the energy consumption of air conditioning can reach 60% of the
total building energy consumption (Sun,2000), and the fresh air load generally accounts for the 30%
of the total air conditioning load (Chen,2004). The tense situation of the world's environment and
energy makes energy conservation and environmental protection becomes the theme of the world.
Low-energy buildings and green buildings have become a hot topic of research. In winter, the indoor
exhaust air temperature can be 10 °C ~ 40 °C higher than the outdoor environment. Adding heat
recovery device in the ventilation system can be an effective way to save energy for air conditioning
system, and then reduce building energy consumption.
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At present, the heat recovery devices in the ventilation system mainly include: rotary wheel, plate
exchanger, heat pipe, run-around system and heat pump. Different types of heat recovery devices
have their own advantages and disadvantages. Many scholars have also made researches on
different types of heat recovery devices from different aspects. Among all the ventilation heat
recovery devices, the heat pump system has the unique characteristic that the temperature
effectiveness can be greater than 100% under certain conditions. A lot of research had been made
on the operating characteristics of the heat pump system, which indicated the direction for the
heating performance of the heat pump (Yan, 2016; Heo, 2011; Kim, 2015; Li, 2014). However, there
is no research on the characteristics of heat pump system in heat recovery application under
different operating conditions. In the application of heat recovery, the analysis of the operating
characteristics of system can find the problems of heat pump heat recovery system, and provide a
way to improve the system.
Therefore, this paper conducts experimental tests of the heat pump type ventilation heat recovery
system, and studies the changes of various operating parameters and performance of the system
with the outdoor temperature decrease in winter, and points out the primary direction for the system
improvement in the future.

2. HEAT PUMP HEAT RECOVERY SYSTEM PRINCIPLE AND EXPERIMENTAL
METHOD
2.1

System Principle

Fig. 1 shows the cycle of heat pump ventilation heat recovery system. The refrigerant is
compressed in the compressor, in which the temperature and pressure of the refrigerant are
improved. The refrigerant releases heat to the low-temperature outdoor fresh air and condensing in
condenser, the heat obtained by the fresh air comes from the heat absorbed by the refrigerant from
the high-temperature indoor exhaust, and part of it comes from the compressor's work on the
refrigerant. After throttling process, the refrigerant passes through the evaporator and is finally
inhaled by the compressor.

Fig.1 Heat pump type ventilation heat recovery system
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2.2

Experimental Method

Fig. 2 is a schematic diagram of the experimental setup of the heat pump heat recovery system.
The condenser and evaporator of the heat recovery system were placed in the outdoor simulation
room and the indoor simulation room of the enthalpy laboratory, respectively. The air in the outdoor
simulation room is regarded as the outdoor low-temperature fresh air introduced by the fresh air
duct in the ventilation heat recovery scene. The air discharged from the condenser can be regarded
as the fresh air discharged into the room after being heated by the ventilation heat recovery system.
The air in the indoor simulation room is regarded as the indoor air taken in by the exhaust air duct in
the ventilation heat recovery scene, and the air discharged from the evaporator can be regarded as
the air discharged to the outdoor environment after the heat recovery by the ventilation heat
recovery system. In this experiment, the compressor is 220V, 50Hz, standard discharge volume is
24.6cm 3/rev. The refrigerant used in the heat recovery system is R410A. The performance of the
heat recovery system was tested and the system operating state parameters were collected in the
outdoor simulation room from 15℃ to -20℃ with an interval of 5℃, and the temperature of the
indoor simulation room was constant at 20℃.

Fig.2 Schematic of heat pump heat recovery setup

The thermal properties of the air can be obtained indirectly from the parameters collected by the
sensors arranged in the air duct. The fresh air volume can be indirectly calculated through the
cross-sectional area of the air duct and the wind speed measured by the air meter. The system's
heating capacity for fresh air can be calculated by the following formula:
Q=

𝑞𝑣𝑖 𝐶𝑝𝑎 (𝑡𝑓2 −𝑡𝑓1)
𝑣𝑛′ (1+𝑊𝑛 )

Eq. (1)

The temperature effectiveness of the heat recovery system was calculated by the following formula:
𝑡

−𝑡

𝜂 = 𝑡𝑓2−𝑡𝑓1
𝑒1

𝑓1

Eq. (2)

The performance coefficient (COP) of the whole heat recovery system was calculated with the
following formula:
𝑄
𝐶 +𝑊𝐹

COP = 𝑊
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3. RESULTS AND DISCUSSION
3.1

Operating state of the system

Fig.3 shows the temperature changes of fresh air and exhaust air outlets during the experiment. As
the outdoor temperature decreases, the fresh air temperature at the condenser outlet and the
exhaust air temperature at the evaporator outlet are continuously decreasing, but the temperature
lift of the outdoor fresh air from the condenser inlet to the outlet is constantly increasing.

Fig.3 Temperature changes of fresh air and exhaust air

Fig.4 shows the changes of evaporation pressure and condensation pressure during the experiment.
With the decrease of outdoor environment temperature, both evaporation pressure and
condensation pressure are gradually decreased, and the difference between condensation
pressure and evaporation pressure is constantly decreased. The decrease of condensing pressure
is mainly due to the continuous decrease in the temperature of the fresh air entering the condenser.
The temperature of the air entering the evaporator is constant, so the decrease in the evaporation
pressure is due to the continuous decrease in the temperature of the air at the outlet of the
evaporator. The decrease in the difference between the condensing pressure and the evaporation
pressure will result in a decrease in the pressure ratio of the system. The change of pressure ratio is
completely different from that of the conventional heat pump heating system. In the conventional
heat pump heating system, when the indoor temperature is kept constant and the outdoor
temperature is decreasing, the pressure ratio of the system will continuously increase.

Fig.4 Pressure changes of system
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Fig.5 shows the mass flow rate changes of the heat recovery system. As the outdoor temperature
drops, the mass flow rate in the heat pump heat recovery system also decreases. In the heat pump
system, the evaporation pressure is directly related to the circulation mass flow rate. Since the
evaporation pressure is continuously decreasing, the system circulation flow also shows a
decreasing trend. The heat pump recovery system and the conventional heat pump heating system
are the same in the mass flow rate change law. Therefore, like the conventional heat pump heating
system, the decrease of the circulating mass flow rate and its adverse effects when the outdoor
environment temperature is too low are also the real problems faced by the heat pump heat
recovery system.

Fig.5 Mass flow rate changes of system

Fig.6 shows the variation of power input at different outdoor temperatures. It can be found that the
power input decreases with the decrease of outdoor temperature. It can be found that the power
input of heat pump heat recovery system decreases with the decrease of outdoor temperature. The
power input of fans in the system can be considered constant, so the total power input is only
related to the compressor. From the analysis of Fig.4, the pressure ratio of the system decreases
with the decrease of the outdoor temperature. For the compressor, the pressure ratio of the
compressor is positively correlated with the power consumed, so the power input of the system
tends to gradually decrease as the outdoor temperature decreases. The power input of the system
in conventional heating system increases as the outdoor temperature decreases, because the
pressure ratio of the conventional heat pump heating system increases as the outdoor temperature
decreases. The characteristic of power input varies with outdoor temperature in heat pump heat
recovery system is opposite to that of conventional heat pump heating system.

Fig.6 Power input changes of system
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3.2

Operating performance of the system

The temperature effectiveness of the system as the outdoor temperature decreases is shown in
Fig.7. The temperature effectiveness decreases with the decrease of outdoor temperature. The
heat pump heat recovery system relies on the circulating refrigerant in the system. From the
analysis of Fig.5, it is found that the circulating mass flow rate of the system gradually decreases as
the outdoor temperature decreases, so that the degree of heat recovery from heat source is
inevitably weakened. When the temperature effectiveness is more than 100%, it can be considered
that the exhaust heat is completely recovered and released into the fresh air. This is the
characteristic of the heat pump heat recovery system different from other kinds of heat recovery
devices. In this condition, the fresh air of the heat recovery system can be directly discharged into
the room without secondary heat treatment. It can makes the fresh air load zero or even negative.

Fig.7 Temperature effectiveness change of system

Fig.8 shows variation of recovered heat with different outdoor temperatures. With the outdoor
temperature decreases, the recovered heat of the system increases gradually. The evaporation
pressure of traditional heat pump heating system decreases with the decrease of outdoor
temperature, and the mass flow rate of the system decreases. Therefore, the heating ability of heat
pump system decreases with the decrease of outdoor temperature. However in the application of
heat recovery system, as the outdoor temperature gradually decreases, the heat transfer
temperature difference of the condenser becomes larger and the cooling effect of the refrigerant in
the condenser becomes stronger. The dryness fraction of the refrigerant after throttling is greatly
reduced. So the refrigerant will absorb more heat from the exhaust air in the evaporator. This will
increase the heat recovery ability of the system and increase the recovered heat. Considering two
factors, the recovered heat will increase with the decrease of outdoor temperature under the
experimental conditions. If the mass flow rate of the system can be increased by other means, it can
further improve the heating capacity of the fresh air, which can be used as the main research
direction for improving the performance of the heat pump heat recovery system in the future.
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Fig.8 Recovered heat change of system

Fig.9 shows the COP of heat pump heat recovery system changing with outdoor temperature. With
outdoor temperature drop, the COP of the system is increased gradually, when the outdoor
temperature decreased from 15℃ to -20℃, the COP of the system increases from 3.35 to 7.58 with
a increase rate of 126.27%. However, the COP of the traditional heat pump system decreases with
the decrease of the outdoor temperature. The characteristics of the COP in the heat pump heat
recovery system are contrary to the conventional heat pump system. However, the COP of the
traditional heat pump system decreases with the decrease of the outdoor temperature. The
characteristic of the COP in the heat pump heat recovery system is contrary to the conventional
heat pump heating system. This is mainly determined by the change of the recovered heat and the
change of the power input.

Fig.9 COP change of system

4. CONCLUSION
In this paper, the experimental platform of heat pump heat recovery system was set up. Through the
experiment of the system in winter, the operation characteristics of heat pump heat recovery system
were found and summarized. The main conclusions are as follows:
(1)The air temperature of fresh air and exhaust at the outlet of heat exchangers, the system
pressure ratio, the circulation mass flow rate, the power input and the temperature effectiveness of
the heat pump heat recovery system all decrease with the decrease of the outdoor temperature; the
heating capacity of the fresh air and the system COP are all increased with the decrease of the
outdoor temperature.
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(2)As an air source heat pump system, only the change rule of the mass flow rate in heat recovery
application is consistent with the conventional heat pump system in the process of outdoor
temperature decline. Improving the circulating mass flow rate of refrigerant can be a direction to
improve the performance of heat pump heat recovery system.
(3)With the decrease of outdoor temperature, except mass flow change law, the heat pump heat
recovery system shows that the lower the outdoor temperature, the more conducive to the
performance of the system. It shows that heat pump heat recovery system is a kind of heat recovery
system which is very suitable for low temperature environment. Under the experimental conditions,
the COP of the system reaches 7.58 when the outdoor temperature is -20℃ and the indoor
temperature is 20℃.

NOMENCLATURE
total heating capacity (W)
air-volume flow rate of fresh air duct
(m3/s)
𝐶𝑝𝑎
specific heat capacity of air (J/kg℃)
𝑡𝑓2
temperature of air leaving the fresh air
duct (℃)
COP coefficient of performance
𝑣𝑛′
specific volume of air (m3/kg)
Q
𝑞𝑣𝑖

𝑊𝑛
𝑡𝑒1
𝜂
𝑡𝑓1
𝑊𝐶
𝑊𝐹

absolute humidity of air (kg/kg)
temperature of air entering the exhaust air
duct(℃)
temperature effectiveness (%)
temperature of air entering the fresh air
duct (℃)
input power of compressor (W)
input power of fans (W)
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ABSTRACT
A storage heat pump water heater (HPWH) comprises a vapor compression system and a hot water
tank. It can lead to more than 70% energy saving, compared to electric resistance heating. HPWH
usually uses a wrapped-tank coil as the water heater. The wrapped coil has a strong interaction with
the water tank and impose a new challenge for the engineering design and simulation study. Based
on the US DOE/ORNL Heat Pump Design Model (HPDM), a component-based thermal system
modelling platform, a segment-to-segment wrapped-tank coil model and a one-dimensional stratified
water tank model were developed, which facilitates modeling and design HPWHs having various
configurations and components. In the paper, the new HPWH system design model was used to
investigate effects of compressor size, refrigerant charge, water draw pattern, and refrigerant type,
etc., for predicting 24-hour energy factors and first-hour rating. The HPWH system model was proved
to be an effective equipment design tool.
Key Words: Heat Pump Water Heater, Low GWP Refrigerant, Modelling, Wrapped-Tank Condenser

1. INTRODUCTION
The DOE Buildings Energy Databook (Department of Energy, 2010) reported that water heating
consumed 12.9% source energy in the residential sector of U.S. in 2010, making it the third largest
energy end use for residences, after the space heating and cooling. Electric heat pump water heaters
(HPWH) are the most promising technology to replace water heaters using all electric resistance,
because the vapor compression cycle absorbs heat from ambient or indoor air with an air-torefrigerant evaporator, a compressor elevates the refrigerant pressure, temperature, and discharges
the high-grade heat to the domestic hot water through a condenser. HPWHs can achieve energy
savings up to 70%. Nowadays, high efficiency HPWHs have energy factors above 3.5, able to
compete with gas heating in terms of source energy. Therefore, HPWHs will not only lead to great
energy reduction, also decrease greenhouse gas emission.
Condensers of HPWHs fall into two categories: 1) forced flow heat exchangers like tube-in-tube and
brazed plate heat exchangers coupled with a water circulation pump; and 2) a water heating coil
either wrapped-around the water tank or submerged inside the water tank (no water pump required).
Unlike a submerged coil, a wrapped-tank coil has no water scaling problem since it has no direct
contact with the hot water. Therefore, wrapped-tank water heating coils are the most common in the
current HPWH products. The wrapped-tank coils use either D-shape tubes or microchannel flat
tubes.
An accurate computer modelling tool is much needed for HPWH engineering design and energy
simulation, to simulate the interaction between a stratified hot water tank and a HPWH system having
a wrapped-around coil. The modelling tool for such purposes should be hardware-based, with
Notice: This manuscript has been authored by UT-Battelle, LLC, under contract DE-AC05-00OR22725 with the US
Department of Energy (DOE). The US government retains and the publisher, by accepting the article for publication,
acknowledges that the US government retains a nonexclusive, paid-up, irrevocable, worldwide license to publish or
reproduce the published form of this manuscript, or allow others to do so, for US government purposes. DOE will
provide public access to these results of federally sponsored research in accordance with the DOE Public Access Plan
(http://energy.gov/downloads/doe-public-access-plan).
1
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detailed inputs of heat exchanger geometry and compressor performance representations, etc. It
should reasonably predict the effects of component sizes and heat exchanger configurations, etc. In
addition, it should be fast enough to accommodate 24-hour energy factor simulations, etc. It should
complete a 24-hour simulation in minutes than days like some CFD models do. This paper describes
modelling methodologies and simulation cases of a baseline HPWH.

2. MODEL DISCRIPTION
Development of a quasi-steady-state HPWH system model was based on a public-domain thermal
system modelling platform, i.e. the Heat Pump Design Model (HPDM) developed and maintained by
the Oak Ridge National Laboratory (ORNL). The HPDM has been a reliable, public-domain platform
for design, optimization and analyses of heat pump systems with varying complexities for both
residential and commercial applications. Some existing component models that can be used directly
for the HPWH system model are introduced below.
For air-to-refrigerant heat exchangers, HPDM uses a segment-to-segment modelling approach,
which divides a single tube into numerous mini segments. Each tube segment has individual air-side
and refrigerant-side entering states and considers possible phase transition; the ε-NTU approach
has been used for heat transfer calculations within each segment. In addition to the functionalities of
the segment-to-segment fin-tube condenser, the evaporator model can simulate the dehumidification
process. The method proposed by Braun et al., (1989) was used to simulate cases of water vapor
condensing on an evaporating coil, where the driving potential for heat and mass transfer is the
difference between enthalpies of the inlet air and saturated air at the refrigerant temperature.
AHRI 10-coefficient compressor maps have been used to calculate mass flow rate and power
consumption. Compressor shell heat loss, relative to the power input, is considered to simulate the
refrigerant side and air side energy balance. For modelling various refrigerants, while using one map
developed from a baseline refrigerant, it is assumed that the compressor would maintain the same
volumetric and isentropic efficiencies at the same suction and discharge pressures, i.e. converting
the original compressor map to a pressure-based efficiency map.
Improved Stratified Water Tank Model
EnergyPlus is an open-source, building energy simulation software developed by the U.S.
Department of Energy. The EnergyPlus stratified water tank model is a one-dimensional model,
simulating water temperature stratification up to 10 nodes. Each node is a control volume, having
uniform temperature and water property values. It models water piston flow, i.e. bulk water flow from
a make-up port to a supply port, heat conduction between water nodes and natural convection upflow and mixing. It was widely verified being adequately accurate in simulating tank shell losses,
placements of electric heater elements, thermostats, etc.
To validate the EnergyPlus stratified water tank model, the tank node temperature profile measured
by Murphy et al. (2011) was used. It was observed that the EnergyPlus tank model tends to overestimate the water temperature stratification, i.e. the predicted temperature difference between the
top and bottom was larger than the measured value, especially when there is a big water draw. It
was speculated that the tank model failed to account for bulk mixing during big water draws. Large
bulk water flows cause whirls leading to bulk mixing effects between tank nodes. A CFD tank model
can more accurately represent the physics of the tank mixing phenomena, etc.; however, it is too
slow for HPWH energy simulations. A 1-D stratified tank model is fast enough, but it can’t describe
mixing mechanisms due to two-dimensional or three-dimensional flow. It is necessary to bridge the
simplified tank model with a detailed CFD model or experimental measurements. Thus, an empirical
bulk mixing term, a calibration factor, is introduced to adjust the simplified tank model. The calibration
accounts for the energy transfer between the tank average and nodal temperatures caused by the
whirls, as shown in Eq. 1.

𝑞𝑏𝑢𝑙𝑘𝑚𝑖𝑥,𝑛 = 𝑅𝑎𝑡𝑖𝑜𝑏𝑢𝑙𝑘𝑚𝑖𝑥 × (𝑇𝑎𝑣𝑔,𝑡𝑎𝑛𝑘 − 𝑇𝑛 ) × 𝑚𝑛 × 𝐶𝑝

Eq. (1)

where 𝑅𝑎𝑡𝑖𝑜𝑏𝑢𝑙𝑘𝑚𝑖𝑥 (ratio of nodal water mass exchanging energy with the bulk flow) is an empirical
factor to correlate the mixing effect, it can be derived by calibration against measured data or CFD
simulation. 𝑅𝑎𝑡𝑖𝑜𝑏𝑢𝑙𝑘𝑚𝑖𝑥 should be different values with/without water draw. 𝑇𝑎𝑣𝑔,𝑡𝑎𝑛𝑘 (K) is the tank
average water temperature at each time step. 𝑇𝑛 (K) and 𝑚𝑛 (kg∙s-1) are temperature and water
mass in each individual node, Cp (J/kg∙K-1) is the water specific heat. 𝑞𝑏𝑢𝑙𝑘𝑚𝑖𝑥,𝑛 (W) is the energy
transfer rate to each node, caused by the bulk mixing effect of the backflow whirls. If more detailed
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experimental or CFD simulation data are available, 𝑅𝑎𝑡𝑖𝑜𝑏𝑢𝑙𝑘𝑚𝑖𝑥 can be derived specific to different
regions of a water tank, for example, a bulk mixing ratio may be larger, if adjacent to a flow
disturbance, i.e. the supply and return water ports; but smaller, if away from a flow disturbance. For
this case, 𝑇𝑎𝑣𝑔,𝑡𝑎𝑛𝑘 [K] should be an average of the node temperatures in the region having the same
bulk mixing ratio.
Using the measured data from Murphy et al. (2011), the figures below compare the measured water
temperature stratification from the top node to the bottom mode, with the model predictions. Fig. 1
shows the comparison to the un-calibrated model and Fig. 2 shows the comparison to the calibrated
model. The calibrated model was adjusted using 0.15% tank water bulk mixing ratio during a 3 GPM
(0.001136 m 3∙minute-1) water draw, and zero bulk mixing when no draw. It can be seen that the
calibrated model matches the measured water profile closely, with a reasonable calibration factor.
In the two figures, the biggest temperature differences between the top and bottom are at the start
of the 3 GPM (0.001136 m 3∙minute-1) water draws.
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Figure 1: Compare water stratifications of
measured and predicted by the uncalibrated 1D tank model.
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Figure 2: Compare water stratifications of
measured and predicted by the calibrated 1-D
tank model.

Segment-to-Segment Wrapped Tank Condenser Model
To reveal the interaction between a stratified water tank and the wrapped-tank coil, a new wrappedtank condenser model was developed, using a segment-to-segment modelling approach. Each
single condenser coil tube is divided to numerous segments, and each segment is allocated to its
geometrical location on the tank. The heat transfer and pressure drop in each segment is calculated
along the refrigerant flow direction. In the segment where phase change occurs, the phase transition
point is determined. Figure 3 illustrates the overall heat transfer of one segment. It comprises the
refrigerant side condensing heat transfer, the conductive resistance due to the tube and tank wall
thickness, and the natural convective heat transfer between the water node and tank wall. The heat
 a , kdifference
, ha , k ,o between the average refrigerant temperature in the segment and
transfer is driven by m
the
the temperature of the water node where the tube segment is located. The arrows in Fig. 3 indicate
the refrigerant flow direction.
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Figure 3: Overall heat transfer between a tube
segment in a wrapped-tank coil and a water
node.
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Figure 4: Information flow between tank,
wrapped-tank coil and heat pump system in one
time step.
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At the refrigerant side, the flow-pattern-dependent heat transfer correlation published by Thome
(2003) was used to calculate the condenser two-phase heat transfer coefficient. The single-phase
heat transfer was calculated using the Dittus-Boelter correlation (Dittus and Boelter, 1930). The twophase pressure drop was modelled using the correlation published by Kedzierski (1999), and the
single-phase pressure drop was modelled as fully-developed turbulent internal flow in a smooth tube,
as described in the Moody diagram (Moody, 1944). A non-circular tube is approximated as a round
tube by inputting the hydraulic diameter. The contact surface area between the refrigerant tube and
the tank wall is a user input, as this is subject to using thermal adhesive or not. The natural convective
heat transfer between the water and the tank wall is simulated by Churchill and Chu (1975),
assuming natural convective heat transfer from a vertical plate.
Fig. 4 describes the information flow between the water tank and the wrapped-condenser coil models
in one quasi-steady-state simulation step. The dashed lines indicate separations of the tube
segments. At the beginning of each time step, the water node temperatures are treated as boundary
conditions to drive the heat transfer in individual tube segments associated with the tank nodes via
geometrical locations. The condenser model balances with the other components in the VC cycle
model to calculate steady-state system balance points at one moment. As a result, the condenser
capacity is determined and the heat transfer fractions are distributed to individual nodes by
accumulating the heat transfer rates of tube segments in each node. At the end of the time step, the
new water node temperatures are calculated based on the condenser heat fractions. Then, the
updated node temperatures become new boundary conditions to the condenser coil for the next time
step. It should be noted, for a tank node having no condenser tubes at the location, the condenser
heat fraction is zero. If multiple tubes are wrapped on the same tank node, the nodal temperature
to the tubes is assumed the same.
As mentioned, both the evaporator and condenser models use the segment-to-segment modelling
approach, which calculate and accumulate the refrigerant charge at the segment level specific to
vapor phase, liquid phase and two-phase. To calculate the two-phase refrigerant density, the
Hughmark (1962) void fraction model is adopted.

3. ENERGY STANDARD FOR RATING WATER HEATERS
The US test procedure of water heaters was recently modified, i.e. from the previous Energy Factor
(EF) to the new Unified Energy Factor (UEF). The two test procedures require the same air side
conditions, i.e. setting the surrounding air at 67.5°F (19.7°C) temperature and 50% relative humidity.
The make-up water temperature is controlled at 58°F (14.4°C). The difference between the two test
procedures is due to the water draw pattern and supply water temperature setting. The previous EF
test procedure starts when an average internal tank temperature reaches 135°F ± 5°F (57.2 ± 2.7°C),
and applies 6 equal water draws of ~10.7 gallons (40.5 L), each spaced equally during the first five
hours, and no more water draws until the end of the 24-hour test period. The new UEF test procedure
starts when an average internal tank temperature reaches 125°F ± 5°F (51.7± 2.7°C), and its water
draw profiles vary with the usage pattern. Typically, a 50-gallon (189 L) water heater is related to the
medium water use pattern, which comprises 12 water draws: 1. at 0:00, draw 56.8 L at a flow rate
of 6.5 L∙minute-1; 2. at 0:30, draw 7.6 L at a flow rate of 3.8 L∙minute-1; 3. at 1:40, draw 34.1 L at a
flow rate of 6.5 L∙minute-1; 4. at 10:30, draw 34.1 L at a flow rate of 6.5 L∙minute-1; 5. at 11:30, draw
18.9 L at a flow rate of 6.5 L/minute; 6. at 12:00, draw 3.8 L at a flow rate of 3.8 L∙minute-1; 7. at
12:45, draw 3.8 L at a flow rate of 3.8 L∙minute-1; 8. at 12:50, draw 3.8 L at a flow rate of 3.8 L∙minute1
; 9. at 16:00, draw 3.8 L at a flow rate of 3.8 L∙minute-1; 10. at 16:15, draw 7.6 L at a flow rate of
3.8 L∙minute-1; 11. at 16:45, draw 7.6 L at a flow rate of 6.5 L∙minute-1; 12. at 17:00, draw 26.5 L at
a flow rate of 6.5 L∙minute-1. The total volume drawn per day is 208 L.
The EF and UEF are defined as the ratio of the total heat supplied to the tank water during the test
to the total power required to operate the system.
𝑈𝐸𝐹 = ∑𝑛𝑘=1

𝑀𝑘 𝑐𝑝 (𝑇𝑠 −𝑇𝑖 )
𝑊𝑖

Eq. (2)

In Eq. 2, k represents individual hot water draw while n represents the total number of draws during
the test. Note that n can vary according to the draw pattern used for the test (small, medium and
large usage pattern), M is the total mass drawn for respective draw. T s, Ti and W i represent the
supply water temperature, inlet water temperature and the total energy consumed by the heat pump
(power times the heat pump run time) respectively.
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The 24-hour energy factor tests rate energy efficiency of water heaters. First Hour Rating (FHR) is
a measure of the available hot water capacity of the WH (in gallons). It is determined by the water
tank’s storage volume, the heat pump and supplemental resistance heating capacity. The previous
test procedure starts when an average internal tank temperature reaches 135°F ± 5°F (57.2 ± 2.7°C).
The hot water is drawn at a 3.0 GPM flow rate (11.4 L∙min-1), and the water draw continues until the
supply water temperature drops to 25R (13.9K) below the maximum water supply temperature as
observed. The water draw is recovered when the thermostat senses the water temperature rises
back to 135°F ± 5°F, and terminated again when the water temperature drops by 25R. This process
is repeated for one hour. At the end of the hour, if a draw is ongoing, the draw is allowed to complete
normally. If a draw doesn’t start, a final draw is started and then terminated when the outlet water
temperature reaches the same outlet temperature that the previous draw was terminated at. The
new FHR test procedure keeps everything the same, except having the average internal tank
temperature at 125°F ± 5°F (51.7± 2.7°C), and the water draw terminated when the temperature
drops by 15R (8.3K).

4. SIMULATION-DRIVEN DESIGN
A baseline 50-gallon heat pump water heater was selected for the simulation study. It originally uses
R-134a, a wrapped-tank condenser coil having 32 tubes (wraps) split to two circuits. The condenser
uses D-shape aluminium tubes with a 0.31 inch (7.9 mm) outside diameter, and the tube wall
thickness is 0.04 inch (1.0 mm). The tank’s steel wall thickness is 0.064 inch (1.6 mm). The
evaporator coil has 28 aluminium tubes split into two parallel circuits in two rows. The evaporator
tubes have a 0.375 inch (9.5 mm) outside diameter, and the tube length is 17.0 inches (0.43 m) with
the fin density of 240 fins/foot (787 fins/meter). The evaporator frontal flow area is 1.65 square feet
(0.15 square meter). The evaporator blower is installed downstream of the evaporator coil, while the
compressor is installed upstream. The air flow picks up the compressor shell heat before entering
the evaporator coil. The blower consumes 13 Watts and drive 150 CFM (4.25 cubic meter per minute)
flow. A thermo-expansion valve serves as the expansion device controlling a 10R (5.6K) superheat
degree at the evaporator exit. The compressor map of a rotary compressor was provided by the
manufacturer. The compressor displacement volume is 8.6 ml per revolution. The tank insulation
results in a 90% energy factor if using all electric resistance heaters. It is assumed that the
compressor shell loss is 40% relative to its power input under the standard WH rating condition. The
water tank has two resistance probe heaters. The upper one, of 5 kW capacity, is inserted at the
65% height, and the lower one is placed at the bottom. The lower heater is used for emergency,
when the heat pump fails to start. A temperature sensor for controlling both the top resistance heater
and the heat pump is located at the same level as the top heater.
4.1 Compare Test Procedures of Energy Factor and Unified Energy Factor
Since it is a recent modification from the EF test procedure to the UEF test procedure, most WH
manufacturers only have the previous EF and FHR test results and didn’t report the UEF and FHR
numbers following the new test procedure, yet. A use case of the quasi-steady-state HPWH model
is to have the model calibrated against a previous EF test, based on which the manufacturer can
predict the UEF and FHR following the new standard.
With respect to the baseline 50-gallon heat pump water heater, when tested under the previous EF
procedure, the heat pump is ON when the temperature sensor measures the node temperature <
130°F (54.4°C), and is OFF when the temperature reaches 135°F (57.2°C); the top resistance heater
is ON when the node temperature is below 110°F (43.3°C), and is OFF when reaching 135°F. Under
the new UEF standard, the heat pump is ON when the temperature sensor measures the node
temperature < 120°F (48.9°C), and is OFF when the temperature reaches 125°F (51.7°C); the top
resistance heater is ON when the node temperature is <110°F, and is OFF at 125°F.
The figures below present the 24-hour EF and UEF HPWH simulations, respectively. They depict
ten water nodal temperature profiles (water nodes in the tank evenly distributed from top to bottom,
numbered from 0 to 9), the draw moments and heat pump power consumption. It demonstrates that
the UEF draw pattern is less regular in comparison to the six equal draws of the EF procedure. The
heat pump operations respond to the water draws, but last longer to recover the tank water
temperature. At a water draw moment, the tank temperature stratification is most significant. The
heat pump operation promotes water mixing. When there are no draw and heat pump operation, the
water nodal temperatures deviate due to the natural convection and heat loss to the surrounding. At
19:00 during the 24-hour EF test in Fig. 5, the heat pump was called to recover the tank temperature
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when there was no draw. The top resistance heater was never called for both the 24-hr simulations.
As a result, the predicted EF is 3.69, and the predicted UEF is 3.76. The UEF is higher, due to its
lower temperature setting.
The first-hour ratings were also predicted for the two test procedures. Following the previous EF test
procedure, the FHR water draw amount is 53.3 gallons (202 L); following the new UEF test
procedure, the FHR is 58.4 gallons (221 L). The new UEF test gives higher FHR, because it requires
a smaller temperature increment from 58°F (14.4°C) to 125°F (51.7°C) than from 58°F to 135°F
(57.2°C) in the previous procedure. Additionally, the FHR is dominated by the top resistance heater
because of its much larger capacity (5 kW) than the heat pump.
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Figure 5: Temperature profiles, water draw
patterns and heat pump power consumption of
previous 24-hr EF test.
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Figure 6: Temperature profiles, water draw
patterns and heat pump power consumption of
new 24-hr UEF test.

4.2 Vary Refrigerant Charge
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Refrigerant charge optimization is required for developing all vapor compression systems. Normal
practice is to gradually increase the system charge and locate the best performance point. The
charge optimization process can be tedious, while it is more time consuming for HPWHs as having
to do 24-hour tests repeatedly. The model-based design makes it more efficient. In a HPWH using
a TXV, addition of refrigerant charge mainly goes to the wrapped-tank coil, which lowers the
condenser exit liquid temperature and increases the evaporator cooling capacity, also promotes the
water temperature stratification. However, adding charge causes higher compressor discharge
pressure and temperature, which degrades the compressor efficiency. Fig. 7 illustrates the
predicated heat pump run time and the UEF when changing the system charge from 0.5 kg to 0.9
kg. Adding charge enlarges the heat pump capacity, and thus decreases the heat pump run time.
When increasing the charge from 0.5 kg to 0.7 kg, the enhancement in UEF is noticeable. Beyond
the 0.7 kg, the efficiency trend becomes flat.

0
120%

UEF

Figure 8: Heat pump run time and UEF varying with
compressor displacement volume.

4.3 Vary Compressor Displacement Volume
It is easy to switch the compressor map for compressor selection. On the other hand, compressors
of varied displacement volumes (capacity) from one manufacturer tend to have similar efficiencies.
Thus, using one baseline map, engineers can scale the compressor displacement volume to
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optimize the HPWH performance. Reduced compressor displacement volume results in smaller
refrigerant mass flow rate and unloads the heat exchanger to achieve better effectiveness. On the
other hand, it decreases the heat pump capacity and leads to longer run time. If the heat pump
capacity is too small, and can’t meet the temperature setting, the resistance heater will kick in, which
degrades the performance quickly.
Figure 8 illustrates the heat pump run time and UEF with decreasing the compressor volume from
100% to 40%. The volume reduction enhances the UEF and extends the run period. With further
reduction to 40%, dramatic drops occur in both the UEF and the heat pump run time, because the
top resistance heater was called, which accelerated the water heating but impaired the energy factor.
The analysis suggests that use of a two-stage compressor may result in superior HPWH efficiency.
When there is a water draw, the high stage will run to satisfy the quick hot water demand. When the
water draw is off, the lower stage can be used for slow heating with a better efficiency.
4.4 Vary Refrigerant Type
R-134a is the most used refrigerant for HPWH. However, its global warming potential (GWP) is very
high, i.e. 1430. R-134a should be phased out soon to protect our environment. The candidates of
direct drop-in replacement, i.e. using the same compressor and heat exchangers, include R-1234yf
(GWP of 4), R-1234ze (GWP of 2) and propane (R290, GWP of 3).
Assuming the same volumetric and isentropic efficiencies at the same suction and discharge
pressures when varying the refrigerant, 24-hour UEF simulations were conducted for these four
refrigerants. In order to compare the system charges, it is assumed that the required charge leads
to 20% liquid phase ratio in the condenser for each individual refrigerant. Figure 9 compare the UEF,
heat pump run time and required system charges, relative to the baseline R-134a. R-1234ze has the
longest running time, indicating that the refrigerant has the smallest volumetric capacity. With
reducing the capacity, the heat exchangers are unloaded, consequently, R-1234ze achieves the
highest UEF. R-290 results in the shortest runtime with the highest volumetric capacity, which
degrades its efficiency. R-1234yf’s performance is slightly worse than R-134a. R-1234yf, R-1234ze
and R-134a have similar refrigerant system charges. R-290 requires 50% less charge, due to its
smaller molecular weight. Figure 10 compares the highest compressor discharge temperatures in
the 24-hour run, the alternative refrigerants lead to similar temperatures, with R-1234yf and R1234ze even lower, and R-290 slightly higher. It implies that the compressor lubricant can
accommodate the refrigerant change.
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Figure 9: Performance indices of alternative
refrigerants relative to R-134a.
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Figure 10: Compressor discharge temperatures of
four refrigerants.

Vary Tube Connection and Locations
The HPWH modelling and design tool uses a segment-to-segment modelling approach to simulate
the wrapped-tank coil, which allows users to edit locations and flow path of the tube wraps. Engineers
can use it to optimize the heat exchanger design. Here is to show a simple example, i.e. combining
the two circuits (refrigerant flow paths) (32 tubes) into one circuit with the tube locations unchanged.
There is a trade-off in combining the refrigerant flow paths, where the refrigerant mass flux is
doubled, and thus, the heat transfer coefficient is augmented, with the refrigerant pressure drop
increased as a penalty. The model predicted the related saturation temperature drop in the twocircuit condenser is 1.3K, however, the saturation temperature drop in the one-circuit condenser is
6.7K. Overall, the one-circuit condenser results in slightly higher average condensing temperature,
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i.e. 53.3°C versus 51.7°C led by the two-circuit condenser, and a slightly lower UEF, i.e. 3.75 versus
3.76.

4 CONCLUSIONS
The well-regarded, public-domain ORNL Heat Pump Design Model was upgraded to model and
design heat pump water heaters for quasi-steady-state simulations. The EnergyPlus stratified tank
model was improved to predict water temperature profiles with introducing a bulk mixing mechanism,
and a new segment-to-segment wrapped-tank condenser coil model was added to the HPDM
component model library. The system model is able to run one 24-hour simulation within 5 minutes,
and predict the HPWH performance fairly accurate. It can serve as an effective design tool to predict
energy factors and first-hour rating with respect to extensive design parameters, e.g. compressor
size, heat exchanger configuration, tube locations, refrigerant charge, water draw pattern, etc.
Furthermore, it can simulate HPWHs using low GWP refrigerants.
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ABSTRACT

CO2 heat pump is a promising system for electric vehicles to improve its heating performance in
cold region. The external heat exchanger is a key component acting as evaporator on heating mode
and gas cooler on cooling mode, respectively. In this paper, the simulation model of a kind of microchannel heat exchanger for CO2 heat pump is setup and validated. The maximum errors of heat
capacity and refrigerant-side pressure drop between the simulated results and experimental results
are within 8.5% and 11.6%, respectively. Based on the simulation model, the performance of this
heat exchanger with different structure layout is analyzed under different working conditions.
Accordingly, an optimized structure of the micro-channel heat exchanger for CO2 heat pump is
presented to get the optimal performance in electric vehicles.
Keywords: Modeling, Optimization, Heat Exchanger, CO2 Heat Pump, Electric Vehicles

1. INTRODUCTION
Air source heat pump system is a promising development direction for electric vehicle air conditioning
due to the benefits of high efficiency and low energy consumption. However, the heating capacity
and performance of a traditional air source heat pump employed HFC-134a or HFO-1234yf as
refrigerant diminish significantly while the ambient temperature decreases. As a result, the heat
pump system cannot provide enough heat for the passenger compartment in extreme cold region.
CO2 heat pump is a promising system for electric vehicles to improve its heating performance in
cold region (Lorentzen and Pettersen, 1993).The external heat exchanger (EHX) of a CO2 air source
heat pump is a crucial component acting as evaporator on heating mode and gas cooler on cooling
mode, respectively. The EHX needs to adapt to wide temperature range and multiple working
conditions as the operating conditions are switched. Its performance which is easily affected by
ambient condition has a strong effect on the heat pump system performance. Thus, it is important to
improve the performance of cooling and heating modes comprehensively.
Din et al. 2015 developed a mathematical model to predict the performance of the EHX which using
HFC-134a as refrigerant, and analyzed the structure parameters’ effect on the performance on the
EHX, especially the frosting characteristics. Zhang et al. 2016 experimentally studied the influence
of flat pipes layout of the microchannel HX (horizontal/ vertical) on the performance of heat pump
air-condition system, environmental refrigerant HFO-1234yf was chosen as the media. There were
several researches focusing on the compatibility of the EHX between cooling mode and heating
mode. However, those researches were all based on HFC-134a or HFO-1234yf which worked as
sub-critical cycles. When it comes to the performance of the EHX using in trans-critical cycle, there
were no related reports.
The purpose of this paper was to develop a simulation model for EHX which is validated by
experimental data. Based on the developed simulation model, the performance of this heat
exchanger with different structure layout was analyzed under different working conditions, aiming to
find an optimized structure of the micro-channel heat exchanger for CO2 heat pump.
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2. MODEL DEVELOPMENT
The research object was aluminum parallel flow microchannel heat exchanger, which was widely
used in the field of automotive air conditioning. Fig. 1 was a schematic diagram of the structure of
the heat exchanger. It was consisted of 56 horizontal flat tubes and the louvered fins attached to the
tubes.

Figure 1: The schematic diagram of the external heat exchanger

By using finite element approach, a distributed parameter model is developed. The refrigerant port
was divided into 20 equal length elements along the CO2 flow direction while the air side channel
was composed of two semi-fins symmetrically distributed on both sides of the flat tube. Then
thermodynamic analysis on each segment was performed.
Some reasonable assumptions were made to simplify the calculation process. (1) The heat
exchanger was working in steady state. (2) Air passed through the surface of the flat tube evenly.
(3) There was little heat conduction along the axial direction of the flat pipe. (4) The flow rate of the
refrigerant in each flow channel of the flat pipe was evenly distributed.
2.1.

Governing Equations

For the i-th segment, the conservation equations of energy mass between air and refrigerant were
given in Table 1.
Table 1: The governing equations used in the model

Heat transfer process
Energy conservation in refrigerant side

Qr ,i = mr (hrout ,i − hrin ,i )

Convective heat transfer between refrigerant and wall

Qr ,i =  r Ar ,i (Twin ,i − Tr ,avr ,i )

Heat conduction between the inner wall surface and the
outer wall surface
Convective heat transfer between refrigerant and wall

Qw,i =  Aw,i (Twout ,i − Twin ,i )
Qa ,i =  a Aa ,i (Ta ,avr ,i − Twout ,i )

Energy conservation in air side

Qa ,i =  a Aa ,i (Ta ,avr ,i − Twout ,i )

Energy balance between the refrigerant flow and the air
flow

Qr ,i = Qw,i = Qa ,i

2.2.

Equations

Heat Transfer Coefficient and Pressure Drop

Table 2 gave the correlations of heat transfer coefficient and pressure drop that employed to develop
the distribution parameters model.
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2.2.1. Refrigerant side
According to different working conditions and different exit state of the EHX, the refrigerant flow can
be divided into two working modes and three regions: evaporating and gas cooling modes, twophase, superheat and super-critical regions.
In two-phase region, the flow boiling heat transfer coefficient and pressure drop has always been a
research hotspot. Fang (2013a) established a new high-precision CO2 tube flow boiling heat transfer
model, based on 2956 experimental data points. The friction factor is calculated from Kim and Bullard
(2001) correlation. In superheat region, the heat transfer coefficient is calculated using the Gnielinski
(1976) correlation and the friction factor is calculated by Churchill (1977) correlation. In super-critical
region, the thermodynamics properties of carbon dioxide vary greatly with temperature, especially
when the temperature is near to the critical temperature. Therefore, the effect of wall temperature
cannot be ignored. Pital (2002) introduced the influence of wall temperature on physical properties
by means of average Nusselt number and proposed a modified heat transfer correlation, where Nu
is calculated from Gnielinski (1976) correlation. Fang (2013b) introduced the characteristics of the
supercritical zone and proposed a new correlation to predict the friction factor based on the adiabatic
flow resistance correction equation.
2.2.2. Air side
According to different working conditions, the air side could be three different working condition: dry,
wet or frost condition. In dry condition, the heat transfer factor and friction factor are calculated from
the basic equations of the louver fins directly. If the temperature of the outer wall is lower than the
dew point temperature of air but higher than the freezing point of water, then it comes to wet condition.
And the impact of condensation should be considered (Kim and Bullard, 2001). Otherwise, if the
temperature of the outer wall is lower than both of the dew point temperature of air and the freezing
point of water, then the frost and defrost problem should be considered. Xia (2010) provided a
simplified model to characterize the effects of frosting on the heat transfer of louvered-fin, flat-tube
heat exchangers. The effect of frost on heat transfer was characterized as a correction factor. In this
correlation,  was the non-dimensional frost thickness, defined as frost thickness normalized with
respect to the fin pitch.
Table 2: Correlations of heat transfer coefficient and pressure drop

Two-phase
region

Nu

f
Refrigerant
side

Superheat
region

S = 41000Bo1.13 − 0.275

Dry
condition

Wet
condition
Frost
condition

F = [ x / (1 − x)]a ( l / g )0.4

Lo2 = 1 + (4.3 2 − 1)[ Nx 0.875 (1 − x) 0.875 + x1.75 ]

Nu

Nu =

f

( f / 8)(Re − 1000) Pr
1 + 12.7 f / 8(Pr 2/3 − 1)

f = [1.82 ln(Re) − 1.64]−2

Nu
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Nu = 0.00061(S + F ) R e Fa0.11 Pr0.4 / ln(1.024
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l
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2.3.

Procedure for Modeling

The EHX was divided into n segments (20 segments here) along the flow direction of refrigerant
each pass. Figure 2 showed the procedure for analyzing the energy and mass balance for the i-th
segment. According to the correlations listed in Table 1 and Table 2, the inside wall temperature
(Tw_in) and heat flux (q) are inevitable in the heat transfer correlation. On the other hand, the outer
wall temperature (Tw_out) was also critical to accurately determine the operating conditions on the
air side. If we made hypothetical iterations on each of the above three key parameters, the
calculation process would be very inefficient. In order to improve the efficiency of calculation, the
refrigerant outlet enthalpy of refrigerant (hrout) was selected as the only initial iteration value. The
iterative process was shown in Fig. 2. Assuming that the outlet enthalpy has been known, the heat
flux (q) could be determined easily. Then the outlet parameters of air side could be known, which
provided a basis for judging the air side working conditions. And we could get the wall outer and
inner wall temperature (Tw_out, Tw_in) from the air side convection heat transfer and flat tube wall
heat conduction equations. Since the heat flux (q) and inner wall temperature (Tw_in) were no longer
uncertain, the working condition and convective heat transfer equations could be solved out.
Guess Hrout_s

Calculate q and Taout

Calculate Tw_out

Calculate Tw_in

Pr<Pcri

Update hrout_s

NO

YES
NO

Xr<1
YES

Calculate hrout_c
from Genieliski
correlation

Calculate hrout_c
from Fang correlation

Hrout_c=hrout_s

Calculate hrout_c
from Pital correlation

NO

YES
Next segment

(a)
(b)
Figure 2: The calculation process of the i-th segment. (a) The schematic diagram of the i-th segment.
(b) The algorithm of modeling

Considering that hundreds of iterations might be required in the calculation process, the thermal
properties of carbon dioxide would be called repeatedly. Employing the Nist Database directly would
result in a lot of time to be consumed, even dozens of minutes. In order to ensure the computational
efficiency, the explicit physical property calculation equations (Hu, 2008) were selected to develop a
subroutine. And the calculation efficiency has been increased nearly 50 times while the calculation
accuracy almost has not been affected.
2.4.

Model Validation

The model validation was conducted by the experimental data for a parallel flow microchannel heat
exchanger. Figure 3 showed the comparison between the experimental data and calculated result.
Fig. 3(a) illustrated that the calculation error was within ±15% in the heating mode while Fig. 3(b)
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showed that the maximum error was not exceed 10% in the cooling mode, and the developed model
could predict the performance of the EHX well.

(a)

(b)

Figure 3: Comparison of calculated and measured heat capacities. (a) Heating mode, (b) Cooling
mode.

2.5.

Optimization of the EHX

The next step was to employ the developed model to analyze the performance of the EHX with
difference structure layout in wide temperature range. Considering the practical application of the
EHX, a heat exchanger which has two passes is selected as the basic research object. Three
distribution schemes of 1:1 (marked as No.1 scheme), 1:2 (marked as No.2 scheme) and 1:3
(marked as No.3 scheme) have been analyzed respectively. Fig. 4 was the simplified schematic
diagram of the three layout structures, and the 56 flat tubes were simplified to 16. The main difference
between the three schemes was the different positions of the baffles, which were important for
refrigerant flow distribution.

Figure 4: The simplified schematic diagram of the layout structures

The distributed parameter method completed the simulation analysis of the entire heat exchanger
by means of segment-by-segment calculation. And if could give the distribution of the parameters of
each segment. Fig. 5 showed the distribution of quality and temperature along the refrigerant flow
direction. The refrigerant reached superheat region at 80% of the total length of the heat exchanger.
From the perspective of heat transfer, the performance of No.3 structure was a good choice as the
refrigerant entered the superheat region firstly. However, as shown in Fig. 5(b), the saturation
temperature of refrigerant in No.3 structure was greatly affected by pressure drop.
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(a)
(b)
Figure 5: The distribution of quality and temperature along the refrigerant flow direction. Ta=-25 0C,
Mr =62.21 kg/h, Va=5 m/s.

In the optimization process of the heat exchanger, the increase of the heat exchange rate was always
accompanied with the increase of pressure drop. Evaluating the merits of a solution required a
comprehensive consideration of both heat transfer and pressure drop, it was best to use a
dimensionless number to characterize the optimization effect. Eq. (1) gave us such an opportunity
to evaluate the merits of each scheme.
Q / Q0
Eq. (1)
P / P0
Where  was non-dimensional enhancement factor, defined as the ratio of the heat transfer per unit
flow resistance of a scheme to that of NO.1 structure. The dimensionless optimization factors for the
three optimization schemes at different operating temperatures were shown in Fig. 6. Fig. 6(a)
showed that NO.2 structure was the best one whose  was 10% higher than the 1st in heating mode
while the 3rd structure had a little advantage in the extremely cold region than the NO.1. However,
when it was employed as a gas cooler in the cooling mode, both NO.2 and NO.3 were not good
choices, which could be seen in Fig. 6(b). The main reason resulting in the great difference is that
the quality and density of the refrigerant were gradually increasing as it evaporated along the
refrigerant flow direction in heating mode, while the temperature and density of the refrigerant were
gradually decreasing as it was cooled in cooling mode. The great difference in thermodynamics
properties changing trend between different working conditions leaded to the unbalanced
performance between summer and winter season.

=
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(a)

(b)

Figure 6: Dimensionless optimization factors for the three optimization schemes at different
operating temperatures. (a) Heating mode, (b) Cooling mode

Considering the significant difference between the two modes, exchange the inlet and outlet
collectors of refrigerant as an optimal solution. Fig. 7(a) showed the dimensionless optimization
factors for the three optimization schemes at different operating temperatures with exchanging the
inlet and outlet collectors. The  of No.2 and No.3 layout structure were both optimized significantly
comparing to those without exchanging collectors (shown as Fig. 6(b)). Fig. 7(b) gives an
implementation to exchange the inlet and outlet collectors of the EHX. Only one additional four
passes valve was employed to achieve the aim to exchanging the inlet and outlet collectors.

(a)

(b)

Figure 7: (a) Dimensionless optimization factors for the three optimization schemes at different
operating temperatures with exchanging the inlet and outlet collectors, (b) An implementation to
exchange the inlet and outlet collectors

3. CONCLUSIONS
A distribution parameter model was developed to simulate the performance of the external heat
exchanger of CO2 heat pump applied for electric vehicles and validated by experimental results. The
main conclusions are listed as follows:
(1) A simulation model of a kind of parallel-flow heat exchanger for CO2 heat pump is setup and
validated. The maximum errors of heat capacity and refrigerant-side pressure drop between the
simulated results and experimental results are within 8.5% and 11.6%, respectively.
(2) Three distribution schemes of 1:1 (marked as NO.1 scheme), 1:2 (marked as NO.2 scheme) and
1:3 (marked as No.3 scheme) have been analyzed respectively. In heating season, the NO.2
structure has the highest dimensionless enhancement factor. However, in cooling season, both NO.2
and NO.3 have obviously negative effects.
(3) An optimal design by exchanging the inlet and outlet collectors was given out. Besides, a
structure to achieve the aim was proposed by employing a four passes valve.
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NOMENCLATURE
area (m 2)

Nu

Nusselt number

Bo

Bond number

h

enthalpy (kJ/kg)

f

friction factor

P

pressure (Pa)

F

Fang number

Q

heat capacity (W)

Fd

fin depth (m)

Re

Reynolds number

Fl

fin length (m)

T

Temperature (K)

Ll

louver length (m)

x

quality

Lp

louver pitch (m)

m

mass flow rate (kg/s)

A

Greek letters
𝛼

heat transfer coefficient (W/m 2*K)

𝜃



thermal conductivity (W/m*K)



non-dimensional frost



non-dimensional enhancement factor

𝛿f

fin thickness (m)

thickness

louver angel

Subscript
a

air

crit

critical

in

inlet

out

outlet

r

refrigerant

w

wall
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ABSTRACT

Air source heat pump is a kind of circulatory system that utilizes the low energy in the environment,
high efficiency, environmental protection, energy saving and convenient operation, however, the
system is greatly affected by the climate and environment. The article mainly analyzes the
technology and development status of various air source heat pump systems in building heating in
cold regions, and provides reference for further optimization of the system.
Key words: air source heat pump; cold area; energy saving

1.INTRODUCTION
Air source heat pump has the advantages of abundant resources, environmental protection, simple
installation, convenient operation and maintenance, etc. However, the application of the air source
heat pump is susceptible to the climatic environment. In view of the limitations of traditional air
source heat pumps used in cold regions, experts and scholars at home and abroad have conducted
a lot of research and analysis, and proposed different solutions, including: two-stage compression
heat pump system, quasi-secondary compression heat pump system with economizer, cascade
heat pump system, two-stage coupled heat pump system and liquid-cooled heat pump system.
In this paper, the author will conduct a detailed discussion on various the air source heat pump
heating systems in cold areas above, and provide a reference for further improvement of the air
source heat pump using in low temperature.

2.TWO-STAGE COMPRESSED AIR SOURCE HEAT PUMP
In the two-stage compression heat pump cycle, the refrigerant is compressed twice by the low
pressure stage and the high pressure stage cylinders of the compressor, respectively, to complete
the compression process. This type of compression not only adjusts the pressure ratio of each
stage, reduces power consumption, but also reduces the exhaust temperature and increases the
service time of the compressor.
Cuifeng C (2013) studied the low temperature application of single-machine and two-stage screw
compressor. Sichao Z et al. (2013) proposed a single-machine and two-stage rolling piston
compressor heat pump system with intermediate gas supplement, which proved that reasonable
parameter control could significantly improve system performance. The system flow chart was
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shown in Fig. 1. Shuxue X et al. (2014) used jet and enhanced enthalpy technology to prove that the
two-cylinder rolling piston type two-stage compression heat pump system could greatly improve the
overall performance of the system and meet the indoor comfort in winter.

Figure 1: Single-machine and two-stage rolling heat pump system

According to the above analysis, it can be found that the heating performance of the two-stage air
source heat pump system in low temperature environment has certain application advantages, but
the system will still have the problem of heating attenuation with further reduction of the
environment temperature, which also affects its development in ultra-low temperature fields.

3.QUASI-SECONDARY COMPRESSED AIR SOURCE HEAT PUMP TECHNOLOGY
The main feature of quasi-secondary compression heat pump system is the use of a compressor
with an auxiliary inlet to form a parallel circuit between the condenser and the compressor. By
strengthening gas supplement into the working chamber of the compressor, the compression
process inside the heat pump is improved, thereby improving the low temperature adaptability of the
system.
Guoyuan M et al. (2014) proposed a quasi-secondary heat pump system for a vortex compressor
with an auxiliary air inlet, and used a sub cooler to assist system circulation. In the low temperature
environment of -10 ° C ~ -15 ° C, the system still had a high heating capacity, and the heating
performance was remarkable.
Yupeng C et al. (2017) compared the single-stage conventional heat pump system with gas
supplement system for a vortex compressor with a flasher with R134a as the working fluid, and
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pointed out that the quasi-secondary heat pump system had improved performance in all aspects
under low temperature. In the further study, in order to recover the energy of the gas supplement
circuit of the ordinary quasi-secondary compression heat pump system, Shuxue X et. al. (2010)
proposed a quasi-secondary compression-jet heat pump system. The improvement of the system
was that the injector was used to replace the common throttling element, and the system air inlet
was designed to the place that compressor suction chamber just closed. The test proved that the
heating capacity and heating coefficient of the system were improved compared with the common
gas supplement system. Fig. 2 was a system diagram.

Figure 2: Diagram of the quasi-secondary compression-injection heat pump system

Roh C W et al. (2011,2012) proposed to install a gas-liquid separator on the pipeline between the
evaporator and the compressor, and connected it to the gas supply circuit. The test results shown
that the system could effectively reduce the exhaust temperature of the compressor.

4.TWO-STAGE COUPLE HEAT PUMP TECHNOLOGY
The new coupled two-stage heat pump heating system consisting of an air source heat pump and a
water source heat pump is energy-saving and clean, and can replace the traditional heating method
in cold regions.
Zuiliang M and Wei W et al. (2005,2008) had simulated the two-stage coupled heat pump system
through computer to study the influence of heat exchanger area on system performance. The
simulation results shown the reasonable heat exchange area played a key role in improving the
system performance. In recent years, Zuiliang M and Long M.et. al. (2016) had established a jet and
enhanced enthalpy two-stage coupled heat pump unit, and added a domestic hot water module.
Through the simulation, the operating performance of the unit under different working conditions
was analyzed to determine the reliability of the system operating in a low temperature environment.

5.THE MULTI-LAYER CIRCULATING AIR SOURCE HEAT PUMP TECHNOLOGY
The multi-layer circulating air source heat pump can be divided into two types of systems, one is a
common multi-layer heat pump system that couples two single-stage heat pump cycles through a
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condensing evaporator, and the other one is self-multiplying system formed by azeotropic mixing of
working mediums. Both systems have their own cycle characteristics in improving the low
temperature adaptability of air source heat pump systems.
5.1 The common multi-layer heat pump system
The system consists mainly of two single-stage circulation systems, each cycle being carried out
independently according to the Reverse Carnot cycle, connected by a condensing evaporator,
which is both an evaporator for high temperature circulation and a condenser for low temperature
circulation. The system mainly achieves the purpose of increasing the working temperature
difference of the system by reducing the pressure ratio of each stage of the compressor.
Dong et al. (2016,2013,2014) had established a mathematical model for the multi-layer heat pump
system with R134a / R410a as the working mediums to find the best theoretical intermediate
pressure to adapt to the system. Xi C et al. (2016) mainly studied the cascade heat pump air source
heat pump system with NH3 / CO2 as the working mediums, and established the mathematical
model to understand the operating state of the system, and hope to find the optimal operating
parameters of the system cycle.
Although the cascaded heat pump system has a larger working range and a wider application field,
there is still not a better solution to determine its intermediate temperature in different environments
in the domestic. Therefore, it is a key factor that need to be broken for future development.
5.2The self-multiplying air source heat pump technology
The self-multiplying heat pump mainly utilizes the different boiling point characteristics of
non-azeotropic mixed working mediums at the phase equilibrium point, and realizes automatic
separation of high and low boiling point working mediums through condenser and gas-liquid
separator to carry out separate refrigeration cycle and then multiplying.
Weirong X et al. (2009) established a mathematical model of the self-stacking heat pump system
with R123/R134a as the working mediums, and found the optimal operating parameters of the
system operation through simulation calculation, which provided a powerful theoretical tool for
coming test demonstration.

Figure 3: Single-stage compression single-stage condensation cycle diagram

Maoqiong G et al. (2000) carried out an experimental analysis on a single-stage compression
multi-stage solidification self- multiplying heat pump system, which proved that the system could
effectively improve the separation effect of mixed working mediums and lubricating oil, which
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prevented the system from blocking the event of throttle elements in the low temperature side.
The self- multiplying air source heat pump system brings great benefits to production and life.
However, due to the great variability of the combination and concentration ratio of the mixed
working mediums in the system and the leakage problem of the mixed working mediums, the study
on the system still needs further research.

6. SPRAY-COOLED AIR SOURCE HEAT PUMP TECHNOLOGY
The principle of the spray-cooled heat pump system is similar to that of the strengthening gas
supplement heat pump system, which is to supplement a certain amount of refrigerant through the
compressor auxiliary circuit, thereby changing the compressed state inside the compressor and
increasing the working temperature difference of the system. The different of both is the state of
supplemental working medium.
Japan's Hagimoto K et al. (1992,1997,2001) proposed a scroll compressor system with a spray
bypass. Until 2017, Hagimoto K and others had been focusing on how to solve the problem of
excessive exhaust gas temperature during heating at low temperature conditions and taken
long-term research.
Through the above analysis, it can be found that no matter which types of liquid discharge cycles,
the suction liquid in the low temperature can effectively decrease the exhaust temperature of the
compressor, but also It can also be found that most of the spray-cooled heat pump systems are not
ideal for improving the heat and energy consumption, so further research and analysis are needed.

7. CONCLUSION
In view of the current national conditions of serious energy consumption and urgent need to solve
environmental pollution problems. It has certain practical significance to research and applicate air
source heat pump system which is suitable for winter heating in cold regions of northern China. This
paper reviews the development of low temperature heat pump systems and provides a reference for
further optimization of the system.
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ABSTRACT

In order to improve the performance of the heat pump system under large temperature difference,
this paper proposed a triple-loop heat pump ventilation recovery scheme, and an energy recovery
performance test platform was set up based on the exhaust energy recovery of the building
air-conditioning system. The performance of the single-loop and triple-loop heat pump systems
were tested under different outdoor temperature conditions in winter and summer through
experiments. The results showed that the overall performance of the triple-loop system was
significantly higher than the single-loop under all operating conditions. Under winter conditions,
the COP of the triple-loop system had reached to 11.19, when the indoor and outdoor
temperature difference was 40 °C, and the COP of the triple-loop was 54.8% higher than the
single-loop. Under summer conditions, the growth rate of the COP of the triple-loop system had
reached to 89.8%, when the temperature difference was 13 °C, and the COP of the triple-loop
was 74.6% higher than the single-loop.
Key words: Air Source Heat Pump, Exhaust Heat Recovery, Triple-loop System, Coefficient of
Performance.

1.INTRODUCTION
The improvement of people's living standards makes the air-conditioning penetration rate
increase year by year, and the energy consumption brought by air-conditioning operation has also
been rising. Since the indoor exhaust has a certain amount of heat or cooling energy relative to
the outdoor air, recycling air conditioning exhaust heat has become a hot spot for people to
pursue energy saving in air conditioning systems.
The air source heat pump is a kind of air conditioning systems with energy saving benefits and
environmental protection benefits, and is one of the feasible technologies for the sustainable
development of air conditioners, which has been widely used in China. But the performance of air
source heat pumps is easily affected by the outdoor environment.
In recent years, on the basis of improving the performance of traditional air source heat pumps,
many scholars have gradually used air source heat pump systems for exhaust energy recovery in
public building air conditioning systems.
Yiping W et al. (2004) proposed an air source heat pump system using air conditioning exhaust as
a low temperature heat source, and analyzed the performance and energy saving of the system.
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Yuhua Z (2014) proposed to use the energy of exhaust air for the heat exchange of the outdoor
heat exchanger of the air source heat pump to strengthen the heat exchange intensity, and
analyzed the performance and power consumption of the system. Xiaolei L et al. (2016) proposed
a new type of solar low-temperature heat recovery air source heat pump combined heating
system. Chen et al. (2015) compared the heat pump heat recovery system with the runner heat
recovery and the plate heat recovery system, and concluded that the heat pump heat recovery
system had greater energy saving potential. Fracastoro et al. (2010) had found that the efficiency
of the heat pump system using building exhaust as a heat source was much higher than that of
the ground source, and the installation cost of the system was lower.
In order to further improve the performance of the air source heat pump system in the large
temperature difference environment, the author proposed a triple-loop heat pump ventilation
system based on the exhaust air energy recovery of the building air conditioning, and built a
system performance test platform to test the performance of the system through experimental
methods, and discusses the heat transfer characteristics and performance improvement of the
triple-loop system.

2.SYSTEM CYCLE MECHANISM
The system flow chart of the heat pump ventilation recovery system is shown in Figure 1. The
system mainly includes fresh air heat exchangers (2a~2c), exhaust heat exchangers (3a~3c), and
liquid storage tank (1#), throttle valves (4a~4c), four-way reversing valves (5a~5c), shut-off valves
(1~18) and compressors (1a~1c).
5
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2b
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Fig. 1: System flow chart of the air source heat pump ventilation recovery system

By adjusting shut-off valves 1~18, different loop systems can be formed. By adjusting 5a~5c, the
flow direction of the system refrigerant can be changed to meet the different requirements of the
system in winter and summer. System flow chart shown in Fig.2 and Fig.3. The working process
is as follows: The compressor sucks the low-temperature and low-pressure refrigerant vapor,
compresses it into high-temperature and high-pressure steam, and sends it to the exhaust heat
exchanger (or fresh air heat exchangers). After the heat is released from the cooling medium in
the exhaust heat exchanger, it is condensed into a high-temperature and high-pressure liquid.
After that, the refrigerant is throttled into a low-temperature and low-pressure liquid through a
throttle valve, and enters the fresh air heat exchanger (or exhaust heat exchangers) to absorb
heat and vaporize, and then is sucked by the compressor to form a complete circulation system.
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During the whole cycle, the refrigerant absorbs heat from the outdoor fresh air in the fresh air heat
exchanger, cools the fresh air, and then discharges the fresh air to the indoor. After that, the
refrigeration in the indoor exhaust air is recovered to make the refrigerant exchange heat in the
exhaust heat exchanger. The refrigerant condenses into a high-pressure liquid, which realizes
energy recovery as a whole and improves energy utilization.

(a) Summer condition

(b) Winter condition

Fig. 2 Flow chart of the single-loop air source heat pump system in summer and winter conditions

Fig. 3 Flow chart of the three-loop air source heat pump system in summer and winter conditions

3.EXPERIMENTAL METHODS AND SYSTEM PERFORMANCE ANALYSIS
Single-loop and triple-loop air source heat pump systems used the same heat exchangers which
was placed at the same height. In the direction of air circulation, there were three rows of pipes,
and the supporting fan of the heat exchanger was an axial flow fan with a rated power of 72W.
The experiment was carried out in a laboratory with test rooms of different enthalpy conditions,
and constant temperature and humidity conditions were provided in each test room. Exhaust air
conditions and fresh air conditions are provided in the indoor test room and the outdoor test room,
respectively. Before the experiment, the experimental conditions were determined by consulting
the relevant specifications.
During the experiment, we controlled the oncoming wind speed，air volume of fresh air heat
exchanger and exhaust heat exchanger under various working conditions (air mass flow rate),
refrigerant mass flow rate and refrigerant type remain unchanged. R410A was selected for all the
circulating refrigerants, and the total refrigerant flow of the system remained unchanged. The
compressors were all 1HP GMCC rotor compressors of the same type with a frequency of 50HZ.
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Wherein, the compressor power and the fan power of the heat exchanger could be measured by a
digital power meter. The heat exchange amount of the system was equivalent to the heat
exchange amount of the exhaust heat exchanger, so h 1 and h2 were the enthalpy values of the
inlet and outlet air of the exhaust heat exchanger. Three samplers were installed at the inlet and
outlet of the fresh air heat exchanger and at the inlet and outlet of the exhaust heat exchanger,
and the dry and wet bulb temperatures of the inlet and outlet of the fresh air heat exchanger and
the exhaust heat exchanger were collected by the data collector, and then the enthalpy and
density of air inlet and outlet could be calculated; the wind speed test device could measure the
wind speed of the inlet and outlet of the fresh air heat exchanger and the exhaust air heat
exchanger, and the inlet and outlet areas of the heat exchangers could be inquired through the
product specifications by calculating the mass flow rates of the inlet and outlet air of the heat
exchangers. The specific calculation formulas were as follows:
Q = ṁ(h2 − h1 )

Eq. (1)

ṁ = ρυΑ

Eq. (2)

COP = Q⁄(W1 + W2 + ∑ Wn )

Eq. (3)

4.EXPERIMENTAL RESULTS AND ANALYSIS
4.1 Winter Operation Mode
With changes in outdoor temperature，the comparison results between the single-loop and
triple-loop systems about the compressor power and the coefficient of performance COP were
shown in Figure 4.
From the trend of Fig. 4(a), we could see when the indoor temperature was kept at 20 ° C, as the
outdoor temperature gradually decreases，the compressor power of two systems both showed a
downward trend. When the temperature difference was 5°C, the compressor powers of the
single-loop and triple-loop system were 1.77kW and 1.61kW, respectively. When the temperature
difference was 40°C, they were 1.38kW and 1.12 kW, respectively. Two systems were reduced by
22% and 30.4%, respectively. Because the total power consumption of the system was the sum of
the power consumption of the fresh air and exhaust heat exchanger fan and the compressor,
during the experiment, the oncoming wind speed and air volume were constant, so the power of
the fans was constant, too. As a result, the power of the solid system was consistent with the
change trend of the input power of the compressor. And because the exhaust heat recovery
system was characterized by the fact that when the outdoor air temperature changed, the
compressor power was mainly affected by the change of the condenser (or evaporator) load,
which was consistent with the operating characteristics of the compressor under this system
operating condition.
From Fig. 4(b) as the outdoor temperature decreased, the COP of the two systems gradually
increased, which was the opposite of the conventional heat pump system, and was also related to
the operating characteristics of this system which the fresh air heat exchanger was treated by
outdoor fresh air, the decrease in outdoor temperature caused a decrease in the condensing
temperature, so the COP of the system would increase as the outdoor temperature decreased.
When the temperature difference was 5 °C, the COPs of the triple-loop system and the
single-loop system were 3.34 and 3.88, respectively. When the temperature difference was 40 °C,
the COPs of two systems were 7.23 and 11.19, respectively. The increments of two systems were
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3.89 and 7.31, respectively. This suggested that the greater the indoor and outdoor temperature
difference is, the more obvious the advantages of the triple-loop system are. On the one hand, the
overall heat transfer effect of the triple-loop system was more obvious than that of the single-loop
system; on the other hand, the compressor power consumption of the triple-loop system was
lower, and the overall downward trend was also higher. Therefore, the performance coefficient of
the triple-loop system was better than the single-loop, and when the indoor and outdoor
temperature difference reached to 40 °C, the COP of the triple-loop was 54.8% higher than that of
the single-loop.
4.2 Summer Operation Mode
We could see from the trend of Fig. 5(a), remaining the indoor temperature unchanged, as the
indoor and outdoor temperature difference gradually increasing, the compressor power of two
systems both showed a growth trend. The values (1.16kW, 2.38kW, 1.45 kW) can not be read
from Fig.5 (a). The compressor powers of two systems were increased by 28% and 25%,
respectively, but the power of the triple-loop system was lower, which was consistent with the
operating characteristics of the compressor under this system operating condition.
The COP of both systems gradually increased with the increase of indoor and outdoor
temperature difference from Fig. 5(b), because in summer, the increase of outdoor temperature
would cause the evaporation temperature to rise. When the temperature difference was 3 °C, the
COPs of the triple-loop system and the single-loop system were 1.5 and 2.06, respectively. When
the temperature difference was 40 °C, the COPs of two systems were 2.24 and 3.91, respectively,
and the growth rates were 89.8% and 49.3%, respectively. Through analysis, it could be seen that
due to the temperature difference between indoor and outdoor was relatively small in summer,
although the triple-loop system changed the heat transfer temperature difference distribution of
the heat exchanger, the overall heat transfer of the two loop systems were not much different.
Therefore, the main reason for affecting COP was the total power consumption of the triple-loop
system. The reason of winter condition was as similar as in summer. Since the overall power
consumption of the triple loop system is higher, the growth rate of COP is higher. When the
temperature difference of indoor and outdoor was 13 °C, the triple-loop COP was 74.6% higher
than single-loop.
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Fig. 4 Performance comparison of single-loop

Fig. 5 Performance comparison of single-loop

system and triple-loop system under winter

system and triple-loop system under summer

condition

condition

5.CONCLUSION
(1) No matter in winter or summer conditions, the triple-loop system was significantly higher than
the single-loop in the overall performance.
(2) With the increase of indoor and outdoor temperature difference, the COP growth rate of
triple-loop and single-loop systems reached 1.88 and 1.16 respectively under winter condition, the
compressor power consumption decreased by 30.4% and 22%, respectively, and when the indoor
and outdoor temperature difference was 40°C, the COP of triple-loop was 54.8% higher than the
single-loop; Under summer conditions, the COP growth rates of two systems were 89.8% and
49.3%, respectively, and the compressor power consumption increased by 25.0% and 28.0%,
respectively. When the indoor and outdoor temperature difference was 13 °C, the COP of the
triple-loop increased 74.6% comparing with the single-loop, which also indicated that the heat
recovery rate of the triple-loop system was higher.

NOMENCLATURE
h1

exhaust air heat exchanger inlet air
enthalpy(kJ/kg)
W1
fresh air heat exchanger fan
power(kW)
∑Wn compressor total power(kW)

h2

ρ
ṁ

υ
А

exhaust side air density(kg/m3)
exhaust side air mass flow(kg/s)

W2
Q

exhaust air heat exchanger outlet air
enthalpy(kJ/kg)
exhaust air heat exchanger fan
power(kW)
exhaust air heat exchanger heat
exchange capacity(kW)
exhaust side air speed(m/s)
exhaust side exhaust air heat
exchanger area(m 2)

REFERENCES
Yiping W, Youngun Y, Guangxiao Y,2004. Analysis of energy-saving characteristics of air source
heat pump based on air conditioning exhaust. Int. J. Construction Machinery for Hydraulic
Engineering & Power Station, 26(5), 26-28.
Qihua Z, 2014.The depth of energy-saving air source heat pump air conditioning based on
exhaust air. Int. J. Refrigeration and Air-Conditioning, 14(3),7-10.
Xiaoyong L, Yong W,2016. Design and calculation method of heat collection side for combined
heating system of solar and low temperature heat recovery air-source heat pump. Int. J.
Heating Ventilating & Air Conditioning, 46(10),99-103.
Chen A, Liu H, Ran C, et al.,2015 Economic analysis on application of exhaust air heat recovery
in existing public buildings in the severe cold regions. Int. C. International Forum on Energy,
Environment Science and Materials.
Fracastoro G V, Serraino M, 2010. Energy analyses of buildings equipped with exhaust air heat
pumps (EAHP) . Int. J. Energy and Buildings,42(8),1283-1289.
Air-air energy recovery device: GBT 21087-2007. Int. S.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4338

Code for design of ventilation and air conditioning for mining: GB 50019-2003. Int. S.
Gian V. F, Matteo S, 2010. Energy analyses of buildings equipped with exhaust air heat pumps
(EAHP) . Int. J.Energy and Buildings, 42(8),1283-1289.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4339

Manuscript ID: 495
DOI: 10.18462/iir.icr.2019.0495

Waste heat recovery from urban electrical cable tunnels
Akos REVESZ(a), Gareth DAVIES(a), Graeme MAIDMENT(a), Joanna
KULESZO(b), Rob LIDDIARD(b), Hector ALTAMIRANO(b), Alex
DAVENPORT(c), Boris YAZADZHIYAN(c)
(a)

London South Bank University, (b) University College London, (c) UK Power Networks
London, SE1 0AA, United Kingdom, revesza2@lsbu.ac.uk

ABSTRACT
Electrical power distribution within cities is most often distributed through underground cables
located just below the road surface. Due to steadily increasing electricity demands, many power
suppliers are making large investments in housing these cables in underground tunnels. These
urban cable tunnels often extend to many kilometres in length. Through the electrical loading of the
cables a significant amount of heat is generated. Often this heat has to be removed through
ventilation in order to avoid overheating the cables and to provide safe conditions for access. As
opposed to rejecting the heat to the atmosphere, this low grade energy could potentially be
recovered, upgraded if necessary, and distributed to nearby heat users above ground. This paper
discusses possible heat recovery methods applicable for urban electricity distribution networks, i.e.
transformers and cable tunnels. It also presents results from a modelling-based preliminary feasibility
study which used cable tunnels in London as a case study.
Keywords: Heat recovery, Transformers, Cable tunnels, Heat networks, Urban energy systems

1. INTRODUCTION
The Climate Change Act (2008) sets UK wide targets for reducing carbon emissions by 80% of its
1990 baseline level by 2050, and was established to meet the requirements of the Kyoto Protocol
(1998). The carbon reduction measures adopted to date include the phasing out of coal fired power
stations, the increased use of renewable energy resources, together with improvements in the
efficiency of vehicles, electrical and electronic equipment and new building performance
requirements. Current data suggest that these measures have ensured that the UK is on track to
achieve the interim 2020 carbon reduction target (Committee on Climate Change, 2018). However,
achieving the UK’s 2050 carbon emissions target is likely to be more difficult and will require
significantly more radical solutions than the measures and technologies considered to date. In order
to meet its emission targets, the UK Government has put forward a strategy for mitigating future
carbon emissions from heating and cooling, as described in, for example, the 2050 Pathways
Analysis (DECC, 2010) and The Future of Heating: Meeting the Challenge (DECC, 2013).
One of the key areas for reducing carbon emissions is the implementation of low carbon heating and
cooling networks, especially in cities. For example, The Mayor of London has set a target for London
to generate 25% of its heat and power requirements through the use of local, decentralised energy
systems by 2025 (Mayor of London, 2013). Renewable decentralised energy opportunities include
the use of energy from secondary sources such as sewers, electricity cable tunnels or underground
railways (URs). These urban infrastructure systems, are potent and untapped energy sources, are
often in close proximity to areas of high heat demand and could potentially provide a year-round
heat supply. It has been shown that the total heat that could be delivered from secondary sources in
London is of the order of 71 TWh/ year, which is more than the city’s total estimated heat demand of

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4340

66 TWh/yr in 2010 (GLA, 2013). Some of these secondary heat sources have the limitation that their
location is too far from where the heat is needed or that they are only available at a particular period
of the year. However, parts of electrical distribution networks such as substation transformers and
underground cable tunnels are often in close proximity to areas of high heat demand and could
potentially provide a year-round heat supply.
London South Bank University’s (LSBU’s) Centre for Air conditioning and Refrigeration Research
team and University College London (UCL) are currently undertaking a research project called
LUSTER (London Sub-Terrain Energy Recovery). This involves evaluating a range of secondary
waste heat sources to determine their potential for recovery and reuse. As part of the LUSTER
project, LSBU and UK Power Networks have undertaken a feasibility study to investigate the effects
of cooling and heat recovery for electrical cable tunnels, and substation transformers in London. The
paper first summarizes heat recovery potential from transformers and preliminary results from the
feasibility study concerning the combined cooling and heat recovery from cable tunnels.

2. COOLING AND HEAT RECOVERY FOR ELECTRICITY DISTRIBUTION
NETWORKS

If it is feasible to capture and use the heat generated by electricity distribution network losses, the
overall energy efficiency of electricity distribution can be improved and this may also be economically
viable in some cases. There are opportunities, particularly in urban areas, to consider the benefits
from using any heat that has a commercial value. This may be implemented as a retrofit solution, or
may be engineered into the overall network design when new equipment is required. This section of
the paper reviews the potential for extracting heat from urban electrical distribution networks, i.e.
substation transformers and cable tunnels.
2.1.

Heat Recovery Potential from Electrical Substation Transformers

Transformer energy losses can be classified as: (i) no-load losses; or (ii) load losses. The former are
constant for all transformer operating points and are related to core losses whilst the latter are
proportional to transformer loadings and are associated with winding losses. Transformer winding
losses produce heat which without effective cooling will increase transformer temperatures. In the
case of very high temperatures, the insulation can be carbonised and produce gasses, and can
significantly reduce the lifetime of the transformer. Therefore, effective cooling of transformers and
rejection of heat is essential. The heat losses are normally dependent upon the transformer’s rating,
peak load, load factor and efficiency. Often these losses can be calculated for the full operation range
using nominal operating loss values provided by the transformer manufacturer. Figure 1 illustrates
typical heat outputs at different loading conditions for a 240 MVA transformer in London (Modern
Power Systems, 2016). It can be seen in Figure 1 that the transformer heat losses increase at an
accelerating rate as the loading percentage increases. The loading percentage will, of course, vary
according to the fluctuation of electricity demand. It is therefore necessary to determine or estimate
the transformer loading throughout the year in order to calculate the potential quantity of heat that
could be recovered annually, and to size the heat recovery equipment appropriately. Waste heat
from transformers could typically be captured through their cooling system. Table 1 compares
commonly used transformer types based on their cooling methods and their potential for
implementing a heat recovery application. It can be seen in Table 1 that there are a number of
different transformer cooling systems currently in use. These systems vary in complexity and in their
effectiveness of meeting the preliminary objective of cooling the transformer. The two main
categories are the dry and oil-immersed types cooling methods. Dry type solutions are normally used
for cooling smaller transformers rated up to 1.5 MVA. The oil immersed type cooling systems are
generally used for larger units, e.g. those rated up to several hundreds of MVA. The top section of
transformer tanks is normally cooled by either a water or air cooling system. In many cases, the
heat captured by these coolants is dissipated into the atmosphere and wasted. However, in densely
populated urban areas, this waste heat could serve a different purpose. For example, it could be
supplied to a local district heating scheme. At times when there is no heat demand, freestanding
cooling banks mounted on the substation roof could be used to dissipate the heat and maintain
cooling of the transformer or the heat could be stored for later use.
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Figure 1: A typical 240 MVA transformers’ heat output at different loading levels
Table 1. Summary of transformer types and their potential for heat recovery
Potential for
Transformer type / cooling method
Comment
heat recovery
Air Natural (AN):
• Heat recovery (HR) system could be nonThis method is used for
Low
intrusive making it easier to retrofit
cooling the smallest
(~ < 15 kW)
• Could be cost effective for existing
output transformers rated
transformers with an adjacent heat user
up to 1.5 MVA
Dry type
requirement
Air Forced (AF):
• For natural air cooling, only low control of
This method is used for
Medium
HR is possible
transformer rating up to
(~20-60 kW)
• If forced air is used then medium control
15MVA.
of HR could be achieved
Oil Natural Air Natural
• It would require major intrusion into the
(ONAN)
Low to Medium
cooling system for connecting additional
This type of cooling is
(~ 50-100 kW)
heat exchangers (HEXs)
used for the transformer
• Low control of HR
rating up to 30 MVA.
Oil Natural Air Forced
(ONAF)
• It would require major intrusion for
Medium
Used for the cooling of
connection of additional HEXs
(~80-120 kW)
the transformer of rating
• Medium control of HR
up to 60 MVA.
• This type of cooling system would still
Oil Forced Air Forced
Oil
require major intrusion for connection of
(OFAF)
Medium to High
immerse
HEXs
Rating more than 60
(~>120 kW)
type
•
Greater control of HR due to the forced
MVA.
nature of oil circulation
Oil Forced Water Forced
• This type of transformer currently offers
(OFWF)
the greatest opportunity for large scale
This type of method is
HR
suitable for large
High
capacity of the
• Generated heat is captured by the
(Could be more
transformer having rating
cooling water of the oil-water cooler
than 300 kW)
as several hundred MVA
• Permits less intrusive solutions for
or where banks of
connecting additional HEXs
transformers are
• Offers a high degree of control HR
installed.
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There are hundreds of primary substation transformers across the UK providing a significant quantity
of excess energy and an overall heat recovery potential that is larger than 30MW in capacity (Davies
et.al. 2018) The LUSTER project team is conducting further works to investigate the potential for
heat recovery from electrical substation in London.
2.2.

Heat Recovery Potential from Urban Electrical Cable Tunnels

Electrical network operators transmit electrical power through cables, many of which are housed in
networks of tunnels, particularly in cities such as London. Many cable tunnels are large enough e.g.
of the order of 2.5 m diameter, to permit human access for maintenance and repairs. The cables
produce significant quantities of heat, particularly at high electrical power loadings, and cooling
needs to be provided, for example by forced ventilation of the tunnels using outside air. Once air is
supplied into the tunnels its temperature increases as it travels to the air extraction point. The air
flow rate and electrical power loadings used are selected on the basis of limiting the exhaust tunnel
air temperature to a maximum of around 44°C (designated as the limit for human access to the
tunnel). If network operators could reduce the air temperatures in their cable tunnels (and cables)
e.g. by introducing additional cooling, the electrical loadings on the cables could be increased.
Additionally, the heat generated in cable tunnels represents a significant heat resource, which the
operator could recover and potentially sell for reuse.

3. FEASIBILITY STUDY FOR COMBINED COOLING AND HEAT RECOVERY
FROM CABLE TUNNELS
A typical tunnel section of length 1.8 km and 2.5 m in diameter, in central London, was selected for
this study. The financial calculations included, a UK government environmental programme, the
Renewable Heat Incentive (RHI), which provides financial incentives to increase the uptake of
renewable heat by businesses, the public sector and non-profit organisations. Eligible installations
receive quarterly payments over 20 years based on the amount of heat generated, therefore it could
support the uptake of innovative energy solutions in cities and elsewhere. Two heat recovery
methods were considered for the cable tunnel location selected, namely: (i) a combined cooling and
heat recovery system, which has been termed a “cold led heat recovery system” (CLHR); and (ii) a
heat recovery only system, which has been termed a “heat led heat recovery system” (HLHR). For
the CLHR method it is assumed that an air to water heat exchanger is installed at the supply end of
the ventilation system. The water exiting the heat exchanger transfers the recovered heat to a heat
pump, which may be located either close to the point of recovery or at the end-user site. This
configuration is illustrated in Figure 2 (a). It can be seen that the ambient air supplied is cooled by
the water circuit of the heat recovery heat exchanger. This heat exchanger could provide benefits
for both the electrical network operator, due to its cooling impact on the tunnel environment, and to
any nearby end users, who are able to utilise the heat recovered. Figure 2 (b) shows the HLHR
scheme, where the heat recovery heat exchanger is located at the head of the exhaust ventilation
shaft.

(a) CLHR method

(b)HLHR method

Figure 2: Heat recovery options
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3.1.

Calculation of Heat recovery potential from electrical substation transformers

A spreadsheet based calculation has been conducted in order to estimate the heat exchanger
performance with different air temperature reductions across the heat exchanger. The assumptions
used during the calculations are summarised in Table 2.
Table 2: Summary of key assumptions
CLHR
HLHR
Heat was recovered using a fan Heat was recovered with a fan coil
coil heat exchanger located at
heat exchanger at the head of the
the head of the air supply shaft.
exhaust shaft
The heated water was transported through pipes to the heat pump,
which was located 10 m from the point of recovery.
The water temperature was then upgraded using the heat pump for
delivery at 65°C.
The tunnel exhaust air temperatures,
The degree of cooling of the
which were based on measured data,
outside air prior to supply to the
were found to be steady (i.e. 27.6 to
Configuration, supply
tunnels (ΔT) depends on the
32.7°C) for the period considered
temperature, cost and carbon
outside air temperature.
(June to November)
The ΔT was selected to ensure
that the heat pump operated
A constant ΔT of 10 K was used.
with a COP > 3.
The cost for delivery of 1 MWh of heat, for recovered heat (with and
without RHI), was compared to that for a gas boiler.

For the air to water fan coil
heat exchanger

RHI was applied to recovered heat at a tariff of 2.69 p per kWh.
% carbon saving for recovered heat compared to that for a gas boiler
was also calculated. Carbon factors used were 0.41 kg CO2e per kWh
for electricity and 0.18 kg CO2e per kWh for gas (DEFRA, 2016).
CLHR
HLHR
An approach temperature (air side to water side) of 2K.
Water side temperatures of less than 0˚C can be achieved using a
water/glycol mixture.
A temperature gain on the water side of 5K in each case.
A pressure drop on the air side of the heat exchanger of 0.3 bar.
CLHR

For the cable tunnel

HLHR

The outside air temperatures based on UK meteorological data for
London, averaged for each month during the year.

3.1.1. Results of CLHR method
The results obtained using the spreadsheet model applied to the CLHR method are shown in Table
3, which shows that the quantity of heat recovered from outside air varied from 64.1 to 310.8 kW
during the year, and that heat recovery was lowest in winter and highest in summer. A heat pump
COP of > 3 was achieved for delivery of the upgraded heat at 65°C, in each case. The cost of delivery
includes the total energy costs including heat pump, pumping power and heat losses. It can also be
seen in Table 3 that the cost for delivery of 1 MWh of recovered heat was much less than that for a
gas boiler when RHI was included. The calculated results also showed carbon savings of > 50% for
the heat recovery system compared with gas boiler heating. It should be noted that the total
economic benefits of the cooling of the cable tunnel air and cables combined with simultaneous heat
recovery from the outside air, have not been included in the results shown in Table 3 i.e. only the
heat recovery benefits have been considered. Due to the large variation in heat output, it is likely
that this scheme would need to form part of a hybrid scheme with supplementary heating from other
sources being used when required, to make up any shortfall.
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Table 3: CLHR from cable tunnels
Month Tair (°C)
1
2
3
4
5
6
7
8
9
10
11
12

6.3
5.7
7.5
11.2
13.3
16.3
19.5
17.6
15.1
12.5
9
9.8

Tsup
(°C)

∆T
(K)

Qdot
(kW)

Tevap
(°C)

COPh
(65°C)

Ein
(kW)

Qdel
(kW)

Cost of Cost of Cost of
% CO2e
1 MWh 1 MWh 1 MWh
saving
(-RHI) (+RHI) (gas)

4.3
3.7
4.5
6.2
8.3
6.3
9.5
7.6
5.1
7.5
4
4.8

2
2
3
5
5
10
10
10
10
5
5
5

64.1
64.3
95.8
157.5
156.4
309.5
306.2
308.2
310.8
156.8
158.8
158.3

-2.7
-3.3
-2.5
-0.8
1.3
-1.7
1.5
-0.4
-2.9
0.5
-3
-2.2

3.0
3.0
3.0
3.1
3.2
3.0
3.2
3.1
3.0
3.1
3.0
3.0

31.6
32
46.9
74.2
70.2
148.9
136.8
143.9
153.6
71.7
78.7
77

95.7
96.3
142.7
231.8
226.6
458.4
443
452.1
464.5
228.6
237.4
235.4

£32.98
£33.28
£32.88
£32.03
£30.99
£32.48
£30.88
£31.84
£33.08
£31.39
£33.13
£32.73

Tair (°C) = Outside ambient air temperature (°C)
Tsup (°C) = Air supply temperature to cable tunnel (°C)
∆T (K) = Cooling temperature difference (for air)
Qdot (kW) = Heat recovery by fan coil heat exchanger

£14.95
£15.33
£14.83
£13.75
£12.42
£14.31
£12.29
£13.50
£15.08
£12.93
£15.15
£14.64

£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4
£24.4

53.3
52.9
53.5
54.7
56.1
54
56.3
54.9
53.2
55.6
53.1
53.7

Tevap (°C) = HP evaporator temperature
COPh (65°C) = COP heating for delivery at 65°C
Ein (kW) = Electrical energy input required for HP
Qdel (kW) = Heat delivered at 65°C

3.1.2. Results of HLHR method
The results from the model showing the calculated quantities of heat recovered from the 1.8 km
cable tunnel section and the costs for delivering this heat at 65°C are shown in Table 4.
The results presented in Table 4 show that heat recovery was fairly constant (at approximately 300
kW) for the period considered i.e. June to November. It is seen that for delivery at 65°C, a heat
pump COP close to 4 was achieved, in each case. The cost for delivery of 1 MWh of recovered
heat is seen to be about the same as that for a gas boiler without RHI. However, very significant
cost savings for the recovered heat are possible, if RHI is available. Carbon savings of 62-65.6%
were calculated for the recovered heat system compared to the carbon emissions for gas boiler
heating to deliver the same quantity of heat.
Table 4: HLHR from cable tunnels
Cost of Cost of Cost of 1
%
Qdot
Tevap
COPh
Ein
Qdel
1 MWh 1 MWh MWh
CO2e
(kW) (°C)
(65°C) (kW) (kW)
(-RHI) (+RHI)
(gas) saving

Month

Text
(°C)

Tout
(°C)

∆T
(K)

6

27.6

17.6

10

298

9.6

3.7

109.5 407.4 £26.87

£7.19

£24.4

62

7

28.6

18.6

10

297

10.6

3.7

106.4 403.4 £26.38

£6.57

£24.4

62.7

8

32.7

22.7

10

293

14.7

4.1

94.2

387.2 £24.33

£3.98

£24.4

65.6

9

30.7

20.7

10

294.9

12.7

3.9

99.9

394.8 £25.30

£5.20

£24.4

64.2

10

29

19

10

296.5

11

3.8

105

401.5 £26.14

£6.28

£24.4

63

11

27.6

17.6

10

298

9.6

3.7

109.6 407.6 £26.88

£7.21

£24.4

62

Text (°C) = Cable tunnel exhaust air temperature (°C)
Tout (°C) = Temperature of air ejected to outside
∆T (K) = Cooling temperature difference (for air)
Qdot (kW) = Heat recovery by fan coil heat exchanger

Tevap (°C) = HP evaporator temperature
COPh (65°C) = COP heating for delivery at 65°C
Ein (kW) = Electrical energy input required for HP
Qdel (kW) = Heat delivered at 65°C

3.1.3. Identified benefits of a combined cooling and heat recovery solution
The results of the study showed that a combined cooling and heat recovery solution can result in a
range of benefits for electrical cable operators. These include:
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(i) Provision of significant quantities of waste heat from a single cable tunnel ventilation shaft for
delivery to low temperature energy networks: The results of the investigation showed that substantial
amounts of heat can be recovered and delivered to end users in the vicinity of the ventilation shafts.
The quantity of deliverable heat would depend on the method of heat recovery. For cold led heat
recovery, it was estimated that between 96 and 460 kW of heat can be delivered, depending on the
season. For heat lead heat recovery, the deliverable heat values remained relatively constant
through the investigation period, at approximately 400 kW.
(ii) Revenues from the sale of the recovered waste heat: If the heat recovery system is located in an
urban area, it may be possible to sell heat to neighbouring buildings such as offices, hospitals, hotels
or leisure centres. Recovered heat can also be sold for use in district heating, urban farms,
greenhouse heating and swimming pools.
(iii) Reduced operational costs i.e. through reduced ventilation loads: for example, if the tunnel air is
being cooled by implementing the CLHR method.
(iv) Increased loading of the cables: For example, if the cables are being cooled by implementing
the CLHR method. A reduction in cable temperature could also result in lower electricity distribution
losses, producing additional carbon and cost savings.
(v) Contributions towards low carbon sustainable development: The London Plan (Mayor of London,
2016) focuses on securing a low carbon energy supply for London and sets a target of achieving
25% of London’s heat energy supply from decentralized or district energy schemes, by 2025. Heat
recovery from cable tunnels can contribute towards these targets. Also, a shift towards using
electrical energy for space heating and hot water, it is likely to add to the need for increased
distribution network capacity, thus making more waste heat available for repurposing.

4. CONCLUSIONS
A preliminary investigation was carried out to investigate heat recovery potential from electricity
conversion and distribution networks. The paper first summarised energy recovery potential from the
losses of substation transformers. It was described that the oil immersed type transformer cooling
systems which are generally used for larger units, have the highest heat recovery potential. It was
shown that more than 300 kW of waste heat can be captured from these types of transformers. The
paper then described a more detailed study of the combined cooling and heat recovery potential for
the air supplied to cable tunnels. Two heat recovery methods were considered for the cable tunnel
location selected, namely: (i) a combined cooling and heat recovery system, which has been termed
a CLHR system; and (ii) a heat recovery only system, which has been termed a HLHR system. In
each case, an air to water heat exchanger was utilised. Results from a spreadsheet based
calculation showed that between 60 and 300 kW of heat can be recovered this way, depending on
the ambient air temperature supplied to the shaft (which varies seasonally) and the applied
temperature difference (ΔT) used within the heat exchanger. Using a heat pump, the recovered heat
could be upgraded, transported and distributed to nearby heat users. Therefore, both substation
transformers and cable tunnels offer the opportunity of a useful heat source, which is comparable to
(and in some cases superior to) many other waste heat sources being considered for LSBU’s
EPSRC sponsored LUSTER project e.g. sewers, canals, data centres and underground railway
tunnels. Further work, within the LUSTER project, will investigate the matching of the local heat
demand to the heat available from cable tunnels, using demand modelling and geospatial
techniques. This will be covered in future publications.
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ABSTRACT
Air-to-air heat pump (AAHP) is regarded as one of the energy saving technologies in the building
sector. However, experimental studies on AAHP performances in the field are still insufficient. In
order to investigate practical performances, in situ experiments are carried out on a split residential
AAHP. The measurements are mainly realized on the indoor unit side, including air velocity (via hot
wire sensors), dry and wet bulb temperatures and atmospheric pressure. The performances are
analyzed in different operational modes, especially the unsteady-state operation and the defrosting
phase. The paper proposes a measurement procedure for the AAHP seasonal coefficient of
performance and discusses the optimum recorded data rate. Finally, the results of this study could
provide useful guidelines to check in situ performances, since performance checking will be more
and more required to ensure the energy gains and the economic benefits that the end-user expects
when purchasing an AAHP.
Keywords: Air-to-air heat pump, operational performance, in situ test, moist air, hot-wire sensor,
seasonal coefficient of performance

1. INTRODUCTION
With a view to reducing energy consumption and greenhouse gas emissions, the use of heat
pumps (HPs) is considered a promising solution. HP performances are measured in laboratory
conditions. They are tested in particular under steady state conditions and their capacity controls
are by-passed. Therefore, their performances in the field and in the laboratory may differ.
Moreover, the performances in the field also depend on the installation quality, the system design,
user behavior as well as performance deterioration due to lack of appropriate maintenance.
Therefore, it is necessary to develop a measurement method for HP performances in the field. The
method should be applicable at the customer’s house over a long period (one season) without
disturbing overall comfort. The method could be used for future building regulations based upon
performance guarantee, or by third parties to check performance and verify the energy gains and
economical benefits that the user expects when purchasing a HP.
The main difficulty in HP performance measurement is the evaluation of heating energy delivered.
The latter is relatively easy in the field in presence of water-to-water or air-to-water HPs (by
measuring the energy supplied to the water circuit through water temperature and water flow rate
measures), but it is not the case for air-to-air HPs due to the difficulty of measuring the air flow rate
and air enthalpy in the field over a long period.
A review of airflow measurement techniques is given in (McWilliams, 2002). The most common
technique in the field is as follow: the air flow is led into a duct and then measured directly by an
anemometer. The latter may be either of helix type, or of Pilot-tube type or calibrated capillary type
as shown in (Howell and Sauer, 1990), (Francisco and Palmiter, 2003) and (Rivière et. al, 2012).
However, this technique is cumbersome so that it cannot be used at a customer’s dwelling for a
long period of time. In addition, the measurement installation interferes with the HP operation
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because it causes pressure losses which significantly change the air flow rate. A fan can be used
to compensate pressure losses but in the field there is no way to check if this compensation does
occur correctly.
As demonstrated (Ichikawa et al., 2007), a multi point measurement of air temperature, humidity
and velocity was performed to determine air enthalpies. In particular, the air velocity field was
identified, and then corrected to fit the value of air flow rate provided by the manufacturer. The
main issue with this method is the likely evolution of HP performances over time, which cannot be
evaluated.
Paper (Tran et al., 2013) proposed an alternative method based on a measurement of the air
velocity field via hot wires sensors. By comparing an in-laboratory ducted measurement with the
hot wire sensor results, it was concluded that the method is accurate in steady state conditions.
In this context, the present work is intended to test the method (Tran et al., 2013) in the field. The
objectives are to check unsteady-state conditions, to analyze the impacts of operation conditions
and frost-defrost cycles on performances, and to make recommendations based on measurement
procedures in the field.

2. METHODOLOGY
2.1.

In situ instrumentation

Air flow

The HP tested is a residential air-to-air split type with a wall
mounted indoor unit. All measurements used are shown in
HR
Fig. 1. The method requires the measurement of air
enthalpies and mass flow rate in the indoor heat exchanger
T 1,2,3,4
V 1,2,3,4
(condenser). Four PT100 thermometers (sensors T1, 2 , 3,
4) are installed at the inlet side and two other ones (T5,6)
P
Condenser
are located at the outlet side in order to determine the
average dry air temperatures. Since the humidity ratio is
constant during the heating process, it is only measured on
W
one side. In our test, a capacitive hygrometer measuring
TE-22
5,6
relative humidity (sensor RH, Fig. 1) is installed on the inlet
T: dry temperature sensor; V: hot-wire sensor
side where the humidity field is more homogeneous than on
P: atmospheric pressure sensor;
the outlet side. A measurement of the atmospheric pressure
HR: humidity ratio sensor; E: electricity meter;
(sensor P1) is added to allow a better determination of the
Figure 1: Schematic view of the
enthalpies.
instrumentation
Air flow velocity field at the inlet side is determined via a
multi point measurement via 4 hot-wire sensors (V1, 2, 3, 4). The mass flow rate is then calculated
from the air flow area and the air temperatures. It is worth remarking that the number of sensors
used and their position in the air flow are determined according to the air velocity distribution which
may not be homogeneous (Weng et al., 2007). Moreover, the air flow rate should be measured at
the inlet side rather than the outlet side because of the following two reasons: the temperature field
is generally more homogeneous on the inlet side; so integration over the flow area is easier;
besides, the velocity field is less stable at the outlet side because the HP usually allows the user to
control the exhaust air flow direction.
Fig. 3 shows the positioning of temperature and hot-wire sensors used in the test. At the outlet
side, the sensors are equi-distributed. At the inlet side their position results from a velocity field
measurement carried out previously in
Table 1. Instrument accuracies of measured variables
the laboratory. The blue lines represent
the
air
velocities
at
different
Variable
Relative
Absolute
measurement points when the internal
accuracy
accuracy
fan is set at a low velocity level mode.
Pressure
0.25 %
Velocities vary insignificantly along the
Air velocity
3%
horizontal axis. However, the velocity
Air dry temperature
0.2 K
distribution can be divided into two
Relative humidity
5%
zones along the vertical axis: first, the
Electric power
3%
velocities decrease almost linearly until
Data acquisition system
1%
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the middle of the axis (100 mm), and then they remain fairly constant. The same shape velocity
distribution is observed for the high velocity level. This explains why four velocity sensors are used
and located at cells C3, C5, F3 and F5:
A

(a)

B
(m s-1)

C

D
(m s-1)

E

F
(m s-1)

G

H
(m s-1)

5

4

3

2
1

(b)

Figure 2: (a) Positioning of temperature and velocity sensors and air velocity distribution at the inlet side; (b)
Positioning of temperature sensors at the outlet side

the measurements at rows 3 and 5 measure the average
velocity at each zone.
 the measurements are duplicated along the horizontal axis
for a better determination of the total average velocity.
The inlet temperature is measured in the same positions, as the hotwire sensor used is a “double” type (measuring both air velocity and
temperature). Finally, an electricity meter (W, Fig. 1) is used to
measure the HP electric power. The accuracies of measured
variables and data acquisition system are shown in Table 1. The
variables are recorded with a sampling rate of 2 seconds.


2.2.

Calculation Method

The average of the four measured velocities represents the mean
velocity v over the condenser air section (part 2.1). The air volume
flow rate is then calculated as V  Av , where A is the air section
area, after deduction of the grille (Fig. 2).
The dry air temperatures Tin at the inlet side and Tout at the outlet
side are computed as an average of the measured values. At the
inlet side, the specific enthalpy hin (kJ (kg dry air)-1), specific volume

in (m3 (kg dry air)-1) and humidity ratio win (kg water (kg dry air) -1)
are then computed from the dry air temperature Tin , relative humidity
RH in and atmospheric pressure patm . It is noted that h refers to the

v1  v2  v3  v4
4
V  Av
T T T T
Tin  1 2 3 4
4
T T
Tout  5 6
2
v

Tin , RH in , patm  hin ,in , win
mda 

in

wout  win
Tout ,Wout , patm  hout

Q  mda  hout  hin 

specific enthalpy of the moist air, which encompasses dry air and
water vapor. The dry air mass flow rate is expressed as mda  V

COP 

in

where subscript da refers to dry air. The humidity ratio at the outlet
side can be determined as wout  win (humidity conservation). The

V

Q
WHP

in: inlet side; out: outlet side
Figure 3: Calculation flow chart
of the method
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air properties hout and out are then computed from Tout , Wout , patm , and the heating power is
expressed as Q  mda  hout  hin  . Finally, COP is defined as a ratio of heating power and HP

electric power: Air thermodynamic properties are calculated using ASHRAE equations (ASHRAE,
2001). The calculation method is summarized in Fig. 3.
2.3.

Reference for COP Comparison

Reference values are required to validate the results obtained in the field. The references used
here are the COP values of the same HP model measured in the laboratory. The reference
method, based on refrigerant intrusive measures
(temperature, pressure and flow rate), is of good
accuracy (Tran et al., 2012). The tests were
performed in stationary conditions where different
outdoor temperatures were tested but the same
indoor temperature (around 21 °C) was fixed. In
addition, the tests were carried out with two levels
of internal fan speed. Fig. 4 shows COP values
obtained which is thus correlated with the outdoor
temperature (in °C) CO Pref  2.58  0.074Text ,
with a coefficient R2=0.96.
This correlation is used to compare the COP
determined in situ because the same operating
mode (maximum compressor speed allowed by
the HP control) was used in both tests Figure 4. Coefficient of performance measured in
laboratory and in situ. It must be noted that the
laboratory
indoor temperature differs during two tests, and
that may introduce small differences between the
2 measurements.

3. EXPERIMENTAL RESULTS IN THE FIELD
The tests were carried out in an experimental house over 15 days where the outdoor temperature
varied between -2 and 16 °C. The internal fan speed was in the automatic mode (i.e. the HP
selected an appropriate speed level depending on dynamic operating conditions).
Hereafter, we study separately the phenomenon affecting HP performances, including the
defrosting phase and the unsteady-state operation. Then, we present the HP performance map
according to the outdoor temperature. Finally, we discuss the required time period for the
acquisition sampling rate for long duration test in the field. The compressor electric consumption is
only measured to get a better understanding of HP behavior; this variable is not necessary to
compute the COP.
3.1.

Defrosting Phase

Fig. 5 shows the results derived over a defrosting phase, which can be split into 3 periods:
 Preparatory period (between points 1 and 2): the compressor electric power begins to
decrease (in other words the compressor rotation speed slows down), but the indoor fan
remains at its operating speed. When the compressor stops, the fan still operates. Thus,
the energy in the condenser is drawn before the beginning of the inversion cycle.
Consequently, the instantaneous COP is artificially high, especially at the end of the period.
 Inversion cycle (between points 2 et 3): the indoor fan stops to avoid any production of cold
air. Thus, the COP is obviously equal to zero.
 Transitory period (between points 3 and 4): the compressor stops for a while, then
increases its speed step by step. At the beginning, the COP remains at zero because the
indoor fan doesn’t start immediately, then the COP increases gradually up to the level
before the defrosting phase.
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The defrosting phase lasts about 12 minutes and the instantaneous COP ranges from 0 to a very
high value.
1

2

3

4

Figure 5. Time evolution of the compressor electric power, the air flow rate
and the instantaneous COP during a defrosting phase

3.2.

Unsteady-state operation due to the HP control

We sometimes observe unsteady-state
5
6
operations only due to the HP control
performance. Fig. 6 shows the results
over fifteen minutes when the indoor
and outdoor temperatures are almost
constant but the compressor speed is
changed. First, the COP is stabilized at
around 4. At point 5 the compressor
speed
increases.
The
COP
simultaneously falls to 2 then increases
progressively, because of a delay in the
heating power. Inversely, while the
compressor speed decreases (point 6),
the COP increases rapidly up to 5, then
decreases to 4.
Figure 6. Time evolution of the compressor electric power,
Therefore, the HP is not always in
the heating power and the COP during an unsteady phase
steady-state operation even if the indoor
and outdoor temperatures are stable. The reason why couldn’t be clarified, but the phenomenon
makes the COP vary around an average value and causes, as shown in the next part: performance
deteriorations.
3.3.

Performance Map

Fig. 7a shows all measurement points (a sampling rate of two seconds). To obtain an appropriate
scale, the points with a COP of more than 8 are not presented (as shown in part 3.1, the COP can
reach an artificial high value during the defrosting phase). Therefore, the results derived in the field
are coherent, compared to the reference values.
The points which are located far from the reference correspond to the unsteady-state operations,
including the defrosting phase, the compressor stop phase (stand-by) or simply the unsteady
phase due to HP control. In these conditions, the condenser’s internal energy has an important
impact on the instantaneous COP. Indeed, the color represents the variation in refrigerant
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temperature at the condenser outlet Tr (in K s-1), it refers roughly to the variation in condenser’s
internal energy. Thus, the COP is lower when T r increases. This can be explained by the fact that
part of the heating energy produced is used to increase the condenser’s internal energy. Similarly,
the COP is higher when the temperature decreases. To avoid this ambiguity, it is better to average
the COP over a longer period of time. Fig. 7b shows the results with a COP defined as:

 Qt
COP 
W t
t0

Eq. (1)

t0

where the sums are calculated over a period t0=10 minutes and t is sampling rate (2 seconds).
Therefore, the sums are still gathered around the reference point but are more concentrated. It
also indicates that when the HP is in unsteady-state conditions, there really are performance
deteriorations (up to 50 % compared to the value obtained in the same temperature condition). In
our test, about 4 % of the points are related to these conditions.
(b)

COP

COPref

COPref

defrosting
phase

Outdoor temperature (°C)

t0=10 minutes

COP

t0=2 seconds

stop phase
or unsteady phase
due to the HP control

Variation of the refrigerant temperature
at the condenser outlet (K s-1)

(a)

Outdoor temperature (°C)

Figure 7. Coefficient of performance according to the outdoor temperature

3.4.

COP Uncertainty

Uncertainty around the COP measured mainly depends on the precision of the air flow rate
determination. If the air velocity field is accurately established, allowing the velocity sensors to be
placed in the optimum positions, precision of the flow rate can reach ±10 % according to the
laboratory tests of (Tran et al., 2013). Then, COP uncertainty is approximately equal to 12.5%,
including all sensor accuracies and the heterogeneity of air temperature fields.
In view of tests undertaken in the field, it may be difficult to measure the entire velocity field,
resulting in a higher COP uncertainty. In an extreme situation when the velocity field is not
determined at all and the sensors are randomly placed around the middle of the air grille (row 4
Fig. 2), precision of the air flow rate determination ranges from -25% to +12%.
3.5.

Optimum Recorded Data Rate

In view of the long testing period in the field, it is necessary to optimize the recorded data rate to
reduce the data storage volume required, without affecting the precision of measurement variables.
In our test, the variables are recorded at a high rate (two seconds). We aim to evaluate the
measurement precision when the rate is slowed. The calculation is carried out for slower rates,
named hereafter: sampling rate t, by counting only data which correspond to the rates considered
(in other words, data between time steps are not taken into account). Fig. 8 shows the errors as a
function of t, compared to t =2 seconds. In particular, we consider heating capacity and electric
consumption of the HP over a period of time tp, which are defined as:

Q   Q t
tp

Eq.(2)

W  WHP t
tp
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Two different periods are analyzed in order
to distinguish the impacts of the following 2
issues:
 Change in climatic condition: the
calculation is performed over a
period tp=12 hours when the HP
works only in the standard heating
operation (without defrosting cycle
and compressor stop) and the
outdoor temperature increases
slowly from 4 °C to 16 °C. There
are no significant errors up to t=5
minutes (Fig. 8).
 Defrosting cycle or on/off cycle: we
examine a period tp= 6 hours when
Figure 8: Error evolutions of the heating capacity Q and
the defrosting operation occurs
electric consumption W in function of the sampling rate
(once an hour on average) and the
outdoor temperature is fairly constant. As shown on Fig. 8, the electric consumption error
becomes significant when t reaches 3 minutes, which is roughly equal to the duration of
the inversion cycle (Fig. 5). The heating capacity error becomes significant when t
reaches 5 minutes, the value corresponding to the null heating power period (Fig. 5).
So, in our tests a recorded data rate of 1 minute or better should not have any meaningful impact
on measurement precisions.
3.6.

Measurement procedure for a seasonal test in situ

In order to measure the seasonal coefficient of performance, value of the best advantage for the
end-user, an on-site test is required for at least one season. The measurement method presented
above can be used for such needs. Indeed, since the method provides an acceptable uncertainty
and the measurement installation satisfies visual criteria without causing any major discomfort for
house occupants. The following measurement procedure is proposed:
 Equipment conditioning: Fig. 1 shows all sensors required, with an accuracy specified in
Table 1 (all sensors commercially available). The number of thermometers and hot-wire
sensors results from the temperature and velocity range determined in a preparatory test
(next step).
 Preparatory test: this step is intended to determine the sensor arrangement. The air
temperature and velocity fields are measured at different points of the flow. The results
obtained will allow a choice of the best sensor arrangement, providing correct flow rate
measurements with an optimum number of sensors. The air velocity should be measured
on the inlet side rather than on the outlet side.
 Performance test: the optimum sensor arrangement is used, and the measurement
installation is left in the user’s house for a long duration test. The optimum recorded rate is
around 1 minute.

4. CONCLUSION
A test campaign was undertaken to measure the performances of an air-to-air HP in the field. The
method was based on the measurement on the air side, in particular the air flow rate was
determined from hot wire sensors.
Based on the results obtained, the following conclusions can be reached:
 The performances measured in the field concord with the performances expected.
 The HP operation is not always stable even in steady-state conditions. This is due to the
bad performance of the HP control, and can lead to a lower than expected energy
performance.
 When the HP is in unsteady-state operations, the instantaneous COP could vary from null
to a very high value, resulting from condenser thermal energy inertia.
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There are actually performance losses in the defrosting phase or in the compressor stop
phase.
 The optimum recorded data rate depends on climatic conditions and HP behavior in frosting
conditions. In our tests, it is around 1 minute.
 The method is suitable for long duration tests in the field. It provides an acceptable
precision.
The main drawback is related to the determination of the sensor arrangement (step 2 of the
measurement procedure, part 3.6). Indeed, it is not considered easy to measure correctly the air
velocity field and then to deduce the best sensor arrangement from it. That requires the expertise
of an installation technician as there is no common method for every HP due to a wide variety of
indoor unit types (geometric shapes, types of fan …).


NOMENCLATURE
area
enthalpy
mass flow rate
pressure
heating capacity

m2
J kg-1
kg s-1
Pa
J

W
W

heating power
relative humidity
temperature
velocity
volume flow rate
humidity ratio
electric consumption
electric power

W
°C
m s-1
m3 hour-1
J
W



specific volume

m3 kg-1

A

h
m
p

Q

Q
RH
T
v
V
w

Subscrips
atm
com
da
ext
in

atmospheric
compressor
dry air
exterior/outdoor
inlet side

out
r
ref

outlet side
refrigerant
reference

Abbreviations
COP
HP

coefficient of performance
heat pump
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ABSTRACT
Two-phase thermosyphon loop (TPTL) has been widely used in industrial applications for energy
conservation. However, the circulation of two-phase thermosyphon depends on the gravity, and the
condenser must be higher than the evaporator by a certain height, which brings about significant
difficulties in design and application. In this paper, a self-driven loop heat pipe (SDLHP) without the
assistance of gravity is proposed. The working principle of SDLHP is described, and a performance
simulation model has been developed. Based on the model, heat transfer rate, mass flux, the mass
distribution of the working fluid, thermal resistance distribution and the flow parameters along the
loop of SDLHP are simulated and compared to a traditional TPTL without height difference. The
simulation results show, compared to the traditional TPTL without height difference, by utilizing the
thermal potential difference between the heat source and the heat sink to generate driving force,
SDLHP can enhance the circulation flow to optimize the refrigerant distribution in the evaporator
and the condenser, and the heat performance improves significantly. Meanwhile, based on a
theoretical analysis, the proposed SDLHP is thermodynamically feasible. Because of no need for
the height difference, the SDLHP greatly expands the application of heat pipes in various industrial
applications.
Key words: heat pipe, self-driven, two-phase thermosyphon loop, numerical simulation

1.

INTRODUCTION

Two-phase thermosyphon loop (TPTL), also called wickless loop heat pipe, is a high-efficiency
facility which can transfer heat over a relatively long distance. And it is a natural circulation without
extra driving, such as a pump or a compressor. Owing to its characters of flexibility, simplicity, no
energy consumption and high heat transfer efficiency, it has been widely used in HVAC systems
for energy conservation. Liu et al. (Liu et al., 2006), Zhang et al. (Zhang et al., 2015c) utilized TPTL
heat exchangers to recover heat from exhaust air; Byrne et al. (Byrne et al., 2011a, b) recovered
waste heat to carry out defrosting for an air-source heat pump by a TPTL; Tu et al. (Tu et al., 2011)
and Samba et al. (Samba et al., 2013) used TPTL for free cooling of Internet data centres. In short,
it has been proved that TPTL is a high-efficiency and reliable option for the optimum use of natural
and recovered energy.
A TPTL is a closed loop which is comprised of a gas line, a liquid line, a condenser and an
evaporator, shown in Fig. 1. The working fluid absorbs heat and evaporates in evaporator, then the
vapor from evaporator flows to condenser through the gas line, after releasing heat and
condensing in condenser, the liquid in condenser flows back to the evaporator through the liquid
line by the force of gravity. Because the circulation of TPTL must depend on gravity, it’s essential
that the condenser should be higher than the evaporator by a certain height (as Fig. 1 shown). And
the height difference between the condenser and the evaporator is the essential driving source and
a key factor in heat transfer performance of TPTL (Zhang et al., 2018; Zhang et al., 2015b). Zhang
et al. found through experiments, when the height difference between the condenser and the
evaporator is small, the working fluid in the condenser can’t return to the evaporator, both the
evaporator superheating and the condenser flooding phenomena are significant, the heat transfer
performance of TPTL is poor (Zhang et al., 2018) ,as Fig. 2 as shown. Naturally when the
condenser and the evaporator are at the same height, because of the lack of driving force for
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circulation, the loop can’t operate normally, which brings about significant difficulties in TPTL
design, and restricts the promotion and application of TPTL.

Figure 1:TPTL
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Figure 2: Performance vs. height difference

In this paper, a self-driven loop heat pipe (SDLHP) without the assistance of gravity is proposed.
The details of SDLHP is described, the theoretical analysis and performance modelling are
developed. The heat transfer rate, mass flux, mass distribution of the working fluid, thermal
resistance distribution and the flow parameters along the loop are simulated and compared with a
traditional TPTL. Finally, the feasibility and performance of the proposed SDLHP is discussed
thoroughly.

2.
Evaporator

DESCRIPTION OF SDLHP
Driving
gear

Driven
gear

Condenser

Gas line
Liquid line

Figure 3: The self-driven loop heat pipe heat exchanger

A SDLHP is comprised of an evaporator, a condenser, a gas line, a liquid line, a driving gear, a
shaft and a driven gear, as shown in Fig. 3. By connecting evaporator with condenser through gas
line and liquid line, the whole system becomes a closed loop, the working fluid is charged into the
closed loop. Specially, a driving gear is installed in the gas line, a driven gear is installed in the
liquid line, and the driving gear and the driven gear are mounted on the same shaft. During the
operation, the evaporating temperature is relatively higher than the condensing temperature. The
working fluid in evaporator is changed into the gas phase, because of the thermal potential
difference between the evaporator and the condenser (the saturated temperature difference
corresponding to the saturated pressure difference), the vapor in the evaporator flows to the
condenser through the gas line. The vapor in the gas line drives the driving gear to rotate, the
driving gear drives the driven gear to rotate through the rotation shaft, and the driven gear drives
the liquid to return to the evaporator.
Because of the coaxial rotation of the driving gear and the driven gear, the power of the driving
gear Ng (Eq. 1) is approximately equal to the power of the driven gear Nl (Eq. 2). And because of
the continuity of the flow (Eq. 3), finally the pressure head obtained by the liquid ΔPl is calculated
as shown in Eq. 4. Notably, the density of the vapor ρg is far less than the density of the liquid ρl,
hence the pressure head obtained by the liquid ΔPl is much larger than the pressure loss of the
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vapor ΔPg, and the pressure head obtained by the liquid is sufficient to overcome the flow
resistance to drive the loop. For example, taking R134a as the working fluid, when temperature
difference is 30oC, approximately 12000 Pa pressure head is required in the liquid line to make a
traditional TPTL with 1 m height difference operate normally (ΔP=ρlgh≈12000 Pa). So for the
SDLHP under the same operation condition, the driven gear in liquid line should generate 12000
Pa pressure head (ΔPl=12000 Pa). For R134a, the density ratio of liquid and vapor is
approximately 60; and the transmission efficiency ηm from the driving gear to the driven gear is set
to be 0.2, which is feasible in practical engineering. Calculated by Eq. 5, only 1000 Pa pressure
head is consumed at the driving gear to generate 12000 Pa pressure head at the driven gear to
drive the loop. It’s noteworthy that the SDLHP has a self-regulation ability: when heat-transfer
requirements improves (the temperature difference increases), the saturated pressure difference
between the evaporator and the condenser increases as well, which leads an increase of volume
flow to satisfy the heat-transfer requirements.
N g  QV , g Pg
Eq. (1)

N l  QV ,l Pl

Eq. (2)

QV , g  g  QV ,l l

Eq. (3)

Pl 

l
P
g g

Pl 

l
Pg m
g

Eq. (4)
Eq. (5)

In the whole, by installing the driving gear, the driven gear and the shaft, the thermal potential
difference between the heat source and the heat sink can be effectively utilized to drive the
working fluid. When the vapor flows spontaneously to the condenser, the driving gear in the gas
line is driven. Meanwhile, the driven gear in the liquid line is driven by the driving gear to drive the
liquid flow to the evaporator, the whole loop is completed. The SDLHP gets rid of the dependence
of the gravity, the evaporator is no longer restricted by the condenser, the applied range of which is
wider.

3.

MODELLING

A steady-state distributed-parameter model of a SDLHP is developed in this paper. The loop is
divided into 400 elements and heat transfer and pressure drop are calculated for each element,
correspondingly the thermodynamic parameters of each node along the loop are achieved. For
single-phase flow, momentum and heat transfer correlations are consistent and exact (not
explained here). And for two-phase flow, there are some different momentum and heat transfer
correlations for different conditions respectively, in this paper, the correlations which are selected
for SDLHP are shown in Table 1. And the details of chosen mathematical models and correlations
can be found in reference (Zhang et al., 2015a).
Table 1. Empirical correlations used in two-phase flow modelling

Item
Correlations
Frictional pressure gradient (two-phase) Lockhart and Martinelli (Lockhart and Martinelli, 1949)
Vapor void fraction
Thom (Thom, 1964)
Boiling heat transfer
Khodabandeh(Khodabandeh, 2005)
Condensation heat transfer
Nusselt (Nusselt, 1916)
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Input：system geometry, external
thermal conditions, initial charge M0
Assume initial pressure P0
Assume initial subcooling ΔTsub

Calculate initial enthalpy h0
Assume mass flux G
Calculation in downcomer
Calculation in evaporator
Calculation in riser

Modify
G

Modify
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After a circulation, outlet pressure
P1、enthalpy h1, overall mass M1
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|h0-h1|<ε2
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Energy
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|M0-M1|<ε3
Yes

Output：h0, P0, G and heat transfer Q

Figure 4: System-solving flowchart for the modelling

The detailed system-solving flowchart is shown in Fig. 4, the sequential module method is used.
Three iterations based on the conservation of momentum, energy and mass are used to figure out
three unknown initial flow parameters. And to simulate the effect of the driving gear and the driven
gear, the pressure ratio Pr between the front and rear of the driving gear and the transmission
efficiency ηm from the driving gear to the driven gear are settled before the calculation. When the
simulation proceeds to the node before the driving gear, the pressure before the driving gear is
known, the pressure loss of the vapor at the driving gear ΔPg can be figured out by Pr, and the flow
parameters at the node after the driving gear can also be figured out corresponding to the pressure
at this node. Similarly, the pressure head obtained by the liquid ΔPl can be figured out by Eq. 5,
and the flow parameters at the node after the driven gear is also clear. At this point, the simulation
along the whole loop is continuous and obeys three conservation laws. Furthermore, when Pr is
equal to 0, the developed model actually is the model for the TPTL without height difference
between the condenser and the evaporator. The refrigerant thermodynamic properties are
collected from Refprop 8. The model is developed based on MATLAB.
The simulated heat exchangers are air-to-air heat exchangers and the specifications of which are
shown in Table 2. The operation conditions of the simulated SDLHP are shown in Table 3. R134a
is used as the working fluid. The filling ratio is defined as the ratio between the filling refrigerant
volume and the whole system volume.
Items

Table 2. Heat exchanger specifications

Evaporator/condenser
3 rows, 28 tubes/row
Tube bundle specification
Tube length: 700 mm
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Tube pitch: 25.4 mm; Row pitch: 22.2 mm
Outer diameter: 9.52 mm; Inner
diameter: 8.88 mm
Wavy fin; Pitch: 1.814 mm;
Thickness: 0.105 mm

Tube size
Fin specification

Parameter

Table 3. Simulation conditions

Value

Parameter

Pipe length

10 m

Heat sink temperature 10oC

Pipe diameter (inner)

12mm

Filling ratio

Pipe diameter (outer)

15.8 mm Pr

Heat source temperature 30oC

4.

Value

0.3
1.001

ηm

0.8

RESULTS

To analyze feasibility of the proposed SDLHP, the performance of a traditional TPTL without height
difference and the SDLHP are simulated and compared under the same operation conditions by
the developed model. Fig. 5(a) and (b) shows the heat transfer rate and mass flux of which,
compared to the TPTL, the circulation flow of SDLHP increases significantly, which leads an
improvement of heat transfer rate. And refer to reference (Zhang et al., 2018), the heat transfer
rate of the SDLHP is near to the heat transfer rate of “ideal cycle” under the same operation
conditions. The specific effects of the SDLHP can be revealed by the parameters shown in Fig. 5(c)
(d) and Fig. 6.
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Figure 5: Thermal performance of TPTL and SDLHP
Fig. 5(c) presents the mass distribution of refrigerant along the loop, Fig. 5(d) shows the
evaporator outlet superheating degree. Fig. 6 shows the distribution of pressure (P), temperature
(T), vapour quality (x) and the void fraction (α) in two-phase flow along the loop.
For the TPTL without height difference, the refrigerant mass in evaporator is relatively small (Fig.
5(c)), the evaporator outlet superheating degree is large (Fig. 5(d)), which indicates the refrigerant
in evaporator is insufficient and superheating phenomenon is significant in the evaporator. Just as
shown in Fig. 6(a), after a little part behind the evaporator inlet, the refrigerant has been transferred
into gas (corresponding x exceeds 1), the refrigerant temperature begins to increase in evaporator
because of single-phase heat transfer. Meanwhile, the flooding phenomenon is significant in the
condenser: after the middle of the condenser, the refrigerant has been transferred into liquid
(corresponding x is less than 0), and the refrigerant temperature reduces to the heat sink
temperature. Therefore, for TPTL without height difference, because of the lack of the driving force,
the refrigerant in the condenser can’t return to the evaporator, circulation flow is insufficient, and
the heat transfer performance is poor.
By works of the driving gear and the driven gear to increase the circulation flow, the heat transfer
rate of SDLHP increases significantly. Fig. 5(c) shows, compared to the TPTL, the mass of
refrigerant reduces in condenser and increases in evaporator, which indicates that more refrigerant
in condenser is driven back to the evaporator by the driven gear. Consequently, as Fig. 6(b) shown,
compared to the TPTL, the area of two-phase region (corresponding x ranges 0 to 1) increases,
the refrigerant temperature mostly stabilizes in constant (corresponding to the saturation
temperature), which indicates and superheating phenomenon and flooding phenomenon are
alleviated. Just as Fig. 5(d) shown, the superheating degree of SDLHP is reduced to near 0oC.
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Figure 6: Parameters distribution along the loop
To explain the effect of SDLHP more clearly, refer to reference (Zhang et al., 2018), the thermal
resistance from the heat source to heat sink can be defined and divided into three parts: thermal
resistance in the evaporator Re, which represents the heat transfer performance in evaporator;
thermal resistance in heat transfer process Rt, which is caused by the pressure loss along the gas
line，the larger pressure loss，the larger Rt is; thermal resistance in the condenser Rc, which
represents the heat transfer performance in condenser. And Fig. 7 shows the thermal resistance
distribution of TPTL and SDLHP. For TPTL, the evaporator superheating and the condenser
flooding phenomena are significant, Re and Rc are large; and because the flow velocity is low, the
pressure loss along the gas line is slight, i.e. Rt is slight. For SDLHP, the driving gear increases the
pressure loss along the gas line to drive the driven gear, which leads to an increase of Rt; however,
the increasing circulation flow optimizes the refrigerant distribution in heat exchangers, both
superheating phenomenon and flooding phenomenon are alleviated, Re and Rc decreases and the
total thermal resistance decreases, which leads to an improvement of heat transfer performance.
However, the increase of Rt caused by the increase of the pressure loss is inevitable. Hence, even
the operation of the evaporator and the condenser reaches the requirement of the “ideal cycle” (no
overheating, subcooling, and pressure loss, i.e. Re and Rc remains minimum, and Rt=0), the
performance of the whole loop can’t reach the “ideal cycle”.
The effect on pressure of the SDLHP can be found in Fig. 6. For the TPTL, because of the lack of
the driving force and low flow rate, the variation of the pressure is slight (Fig. 6(a)). For the SDLHP,
as Fig. 6(b) shown, there is a little rapid decrease of pressure in the middle of the gas line because
of the work of driving gear, consequently the liquid gets a high pressure head in the middle of the
liquid line, which is sufficient to overcome the flow resistance of the whole loop.
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Figure 8: The pressure-enthalpy diagram of two loops
Essentially, the mechanism of SDLHP is that, by sacrificing a small part of the temperature
difference between the heat source and the heat sink, the driving gear works to improve the
circulation flow to solve the difficulty of returning the working fluid. Actually, for the TPTL, the
pressure-enthalpy diagram of which is shown in Fig. 8(a), the temperature difference (which can be
used in heat transfer) between the heat source and the heat sink is 20oC, only a little part of which
is consumed by the saturated temperature difference between the evaporator and the condenser,
which is caused by the pressure loss along the gas line. And for SDLHP, as Fig. 8(b) shown,
because of the pressure loss at the driving gear, more part of the temperature difference between
the heat source and the heat sink which can be used in heat transfer is consumed by the saturated
temperature difference to generate mechanical energy. Consequently, although the temperature
difference which is used in heat transfer reduces, the flow rate is remarkably enhanced, and the
heat transfer performance improves significantly.
To verify the thermodynamics feasibility of the SDLHP, the Carnot efficiency of the driving gear
should be compared with the actual efficiency of which. The refrigerant temperature before the
driving gear T1=294.5 K, the refrigerant temperature behind the driving gear T2=294.1 K, hence the
Carnot efficiency ηc is 0.0014 (ηC=1- T2/T1). The power of the driving gear Ng is 0.7431 W, the heat
transfer rate of the loop Q is 6849 W, hence the actual efficiency of the driving gear ηa is 0.000108
(ηa= Ng/ Q). Therefore, the actual efficiency of the driving gear is far less than the Carnot efficiency,
which indicates the proposed SDLHP is thermodynamically feasible. The refrigerant temperature
and pressure used to calculate above two efficiency values are taken from the node at the middle
of gas line in Fig. 6(b).
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5.

CONCLUSIONS

In this paper, a self-driven loop heat pipe (SDLHP) without the assistance of gravity is proposed.
The performance modelling of which is developed. And to analyse the feasibility of the proposed
SDLHP, the performance of which is compared with a traditional TPTL without height difference.
The simulation results show, compared to the traditional TPTL without height difference, by utilizing
the thermal potential difference between the heat source and the heat sink to generate driving
force, SDLHP can enhance the circulation flow to optimize the refrigerant distribution in the
evaporator and the condenser, consequently the heat transfer rate improves from 2460W to 6850
W. Meanwhile, the Carnot efficiency of the driving gear of SDLHP is 0.0014, and the actual
efficiency of which is 0.000108, which indicates the SDLHP is thermodynamically feasible.
In the whole, the proposed SDLHP has an excellent performance in heat transfer, and no need of
gravity to drive the loop, which greatly expands the application of heat pipes in various industry
applications, especially in zero-gravity and anti-gravity field.
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NOMENCLATURE
N
Pr
Re
Rt
T
Tsink
x
η
g

power (W)
pressure ratio at the driving gear (-)
thermal resistance in the evaporator
(°C W -1)
equivalent thermal resistance in the
transport (°C W -1)
temperature (oC)
temperature of heat sink (oC)
vapor quality in two-phase flow (-)
efficiency (-)
gas

P
Qv
Rc

pressure (Pa)
volume flow rate (m3 s-1)
thermal resistance in the condenser (°C
W-1)

SDLHP self-driven loop heat pipe
Tsource
TPTL
ρ
m
l

temperature of heat source (oC)
two-phase thermosyphon loop
density (kg m-3)
mechanical
liquid
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ABSTRACT
This paper presents a smart design named PV COOLING to produce solar cooling using low GWP
heat pump system coupled with a standard photovoltaic power plant. Optimum autonomy is
achieved with proper chiller power management real-time adapted with PV production, a light
battery pack and iced water tank for cold storage. For this, a test rig has been developed and
installed on the building roof in the south of France with the originality to be entirely real-time
controlled in terms of building thermal load. Thereafter, this new system goal is to be used as airconditioning device (mainly in office buildings) or alternatively as a positive cold storage device in
food preservation with a view to reducing post-harvest losses in developing countries.
Current presentation deals with thermal/electrical performances of our test facility with the purpose
to air-conditioning a building by means of several sensors and meters.
Keywords: solar cooling, air-conditioning, cold storage, food preservation photovoltaic, heat pump,
self-consumption, batteries, thermal tank, glycol water, low GWP, R290.

1. INTRODUCTION
Traditional PV economic model in France was for a long time based upon feed-in tariff. However
this trend is currently moving toward on-site self-consumption. PV self-consumption can be used in
a straightforward manner for domestic purposes: lighting, heating, domestic hot water heating
(DHW), cooking, domestic appliances, etc.
An example of application consists in using solar power to directly drive a thermodynamic device
with a target to producing cooling or refrigeration. It can be noted that PV production perfectly
matches cooling needs during daytime. Besides, in many countries all over the world, summer
comfort in buildings becomes necessary in order to allow employees to work in good condition
(Tom C., 2008).
The use of renewable energy for powering heat pumps can solve environmental problems due to
the ways of producing energy (e.g. CO2 emissions by coal thermal plants in China). Even if the
energy problem is settled, it remains the issue of refrigerant fluid leakage which represents a nonnegligible share of the greenhouse effect. Therefore, conjunction use of low refrigerant load and
low Global Warming Potential (GWP) fluid in thermodynamic system allows to reducing carbon
footprint of the process.

2. THE ADOPTED STRATEGY
At first glance, compressor power may be adapted with PV output power. This may work within a
certain range until a minimum threshold is reached where chiller compressor has to be stopped.
When PV output power is back, the main issue is to be sure that power remains sufficiently stable
and reliable to start compressor again, avoid short-cycle or more drastically abort chiller starting
process. Indeed, the problem of driving a chiller compressor with PV lies in the fact that it may
happen that irradiation may be temporary obstructed by some peculiar clouds, and this is not
predictable.
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Use of variable-frequency drive can solve the problem of high inrush current during compressor
run-up. For the intermittent energy problem, storage using batteries or other electricity supply can
easily sort this problem out. It also is highly recommended to mix with thermal storage system
which is a shorter-term storage mode. Both electricity and thermal storage allow storing a sufficient
energy when PV production exceeds actual need and use stored cold when cooling demand
becomes higher than PV production may provide.
To enhance environmentally friendly character of PV COOLING, propane (R290) has been chosen
as refrigerant for this project. This very low GWP refrigerant (GWP < 10) combined with an original
configuration allows a significant reduction of refrigerant amount. To maximize the selfconsumption, the inverter has to allow both electric powers issued from PV and batteries.
Project goal consisted of developing a test facility using PV COOLING principle. Rig is installed on
the building roof in the south of France. For a better understanding of the system behavior, instead
of cooling the building, cooling is distributed into a chilled water tank in which is fitted a power
controlled heating resistor which simulates all sorts of building thermal load configurations.

3. PROMOTING SOLAR PHOTOVOLTAIC ON NEW MARKET SEGMENTS
3.1. Air-conditioning for the tertiary sector
To avoid an unfair competition with cheap traditional heat pump produced at ten millions samples
yearly, PV COOLING will be suitable for medium/high power in the tertiary sector and according to
certain criteria. The criteria to lead the market study are classified into three main contextual
families (climatic, economic and regulatory) and are summarized through a “bubble chart” (Figure
1). These criteria are expressed inside the chart as:
• cooling demand expressed in cooling-degree-days (CDD) on the x-axis;
• annual global horizontal irradiation (GHI) per square meter on the y-axis;
• market size of mid-sized / large heat pump in the tertiary sector is expressed by the percentage
of the worldwide unit demand through the surface size of the bubble;
• electricity price in the tertiary sector as a driver of renewable investment is expressed by the
“coloring” of the country, with cheap costs in light and high costs in black;
• Self-consumption policy and fiscal incentives which are positive for renewables (e.g. feed-intariffs, subsidies, solar obligations) are marked with (+); others with (-) and unclear situation
with (?).
Figure 1 shows only the final result of an ambitious market study. Indeed, several countries have
been removed from previous “bubble charts” because of following weaknesses. First of all, many
countries in Europe have an insufficient radiation like Germany and even if the radiation is enough
like in South Europe, the cooling needs are only present during summer. Among countries which
gather good natural conditions (both radiation and cooling needs), the low electricity price doesn’t
allow for photovoltaic to be profitable (e.g. Saudi Arabia).
Countries that appear qualitatively as the most mature to accommodate a short-term photovoltaic
air-conditioning system according to Figure 1 are mainly countries with a tropical climate. Indeed,
under this kind of climate, the cooling needs are constant during the whole year. Electricity price
appears as an important criterion which participates to have a quick return on investment.
The market size is not an essential criterion because PV COOLING can find its place in a market
niche where the tertiary sector is not as developed as in high-income countries. However, more
and more African cities tend to offer services moving towards European standard for a category of
population which are increasingly financially secure.
Self-consumption policy and fiscal incentives are the last criterion which may help PV solutions to
be more attractive especially the right to self-consume. But it is difficult to be entirely exhaustive in
each country because the PV policy changes quickly. PV outlooks show that many governments
trend towards the smart way to consume photovoltaic which is self-consumption model. Besides, a
lot of PV self-consumption projects take place in countries where no PV policy exists particularly in
Western Africa. That means PV policy is not a necessary criterion to have the right to selfconsume.
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Figure 1 : Graph illustrating the attractiveness of cooling markets for PV COOLING

3.2. Cold room for perishables foods in industrial sector
An industrial sector which matches quite well the natural conditions is agricultural & food industry,
and more specifically storage for perishable food items with positive cold storage or refrigerated
warehouse. A perishable foodstuffs which require positive cold storage to maintain a longer lifetime
are mostly fruits & vegetables and roots & tubers. Countries with tropical climate and low/middle
income appear to be regions where due to lack of proper cold storage and cold management (a
problem enhanced in many African remote regions by lack of reliable grid) food post-harvest losses
is a major problem (Gustavsson et al., 2011).
As the air-conditioning study market, the “bubble chart” underlines the fact that tropical countries
appear to be the most attractive for PV COOLING usage for positive cold storage food.

4. R&D CARRIED OUT FOR A PROPERLY SIZED SYSTEM
Actual PV COOLING innovation mainly consists of setting together in a clever way, components
which actually are highly improved, but never have been set together in a single goal system: PV
plant dedicated to driving a thermodynamic fluid chiller as shown in Figure 2.
This is the fruit of two years co-operation with 3 French companies, with several decades of
expertise: in solar energy (TECSOL), heat exchangers technology and thermodynamic equipment
design (NeoTherm Consulting) and designing & implementing innovative systems (ATISYS).
Furthermore, this R&D project also has an academic issue in France with an expert in cold industry
from the Conservatoire National des Arts & Métiers (CNAM-Paris).
4.1. Overall PV COOLING architecture

Figure 2 : Schematic architecture of PV-COOLING system
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4.2. Layout description
The first test bench, installed on the ATISYS head-office roof-top, is located in Toulon area (South
East of France, lovely site in French Riviera).

Figure 3 : Global view of 18 mono-crystalline PV plant and chiller unit on ATISYS headquarters roof

In the pilot testing system, electrical production is delivered by 18 mono-crystalline photovoltaic
modules (280 Watts peak (Wp) for each module) as illustrated on Figure 3, which represents a
total power of 5.0 kW p. This power is quite enough for driving chiller compressors and all ancillary
equipment dimensioned for 10 kW th chilling power (condenser fan and chilled water circulation
pump).
These photovoltaic panels are connected to a three-phase wired inverter along with batteries bank.
The four selected 12-Volt batteries are connected in series to obtain a voltage of 48V. Their 150Ah
capacity each with a 50% depth of discharge (DOD) allows obtaining useful electrical storage
energy about 3.6kWh. This is enough to drive the full load power installation at least for one hour.
For a real operational system, battery capacity may be chosen according to actual need.
In order to limit the inrush current during compressor run-up, a variable-frequency drive has been
installed downstream from the inverter which makes possible to divide the inrush current by 6.
Two parallel-mounted semi-hermetic compressors were selected and adapted for propane. Each
compressor can provide from 2.4 to 5.4 kW of cooling by varying its rotation frequency from 30 to
70 Hz. This allows a cooling capacity between 2.4 and 10.8 kW. For the future, commercial PV
COOLING systems will be able to reach high cooling power till 300 kW using bigger compressors.
It is enough to size the other equipment accordingly.
The major innovation regarding the heat pump system lies in the use of low Global Warming
Potential (GWP) refrigerant. The choice fell on propane (R290) with (<10) GWP, which is
considerably low compared to a common refrigerant (e.g. 1300 GWP for R134a).
The fluid that transports the refrigerating capacity from the cold unit to the chilled water tank is
water/methyl propylene glycol (MPG) mixture, so as to avoid any freezing risk.

Figure 4 : Picture of the global chiller installation installed on ATISYS top roof

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4369

For this test bench, the chilled water tank is representative of a typical building whose thermal load
is simulated with an electrical resistor heating the 180L chilled water tank. That gives the
advantage to fully control the building loads and consequently simulate several conditions which
correspond to different building utilization/insulation and climate conditions.
A monitoring system has been set up with a view to monitoring performances of the system
according to the needs throughout the year. Monitoring is powered by PV-COOLING itself.
4.3. PV COOLING management
For the automatic control of heat pump management, several approaches are tested between two
main paradigms. The first one is the economy mode (also designated as “eco” mode) in which
compressor driving power is adapted to PV output power. The second one is the comfort mode in
which set point value consists in keeping constant chilled water feedback temperature (12°C) and if
necessary take complementary power from the grid when both PV and batteries power are
insufficient.
Building thermal load is estimated and real-time adapted as follows:

PBuild − Load (t ) = G  V  Text (t ) − Tset (t ) + K  S Build PSol .Ir (t )   (t −  )

(Eq. 1)

where Text is outdoor measured temperature, Tset is indoor set point temperature, G is volume heat
loss coefficient [W/m 3.°C] chosen as G=2.5 (poorly insulated building, here), V is the cooled
volume (here, V=325 m 3), PSol.Ir is measured power of solar irradiation [W/m 2], SBuild is time
average wall surface of building exposed to solar irradiation (chosen to 40 m 2), K is solar power
absorption sensitivity of building walls [non-dimensional, 0



K

1,

here K= 0.20], (t-) is delay

function (Dirac), corresponding to building’s thermal inertia to solar irradiation (  = 1 hour)

5. EXPERIMENTAL RESULTS
PV COOLING test bench has been tested during several months with monitoring sequences of
several days from June to September 2017. The electrical resistance of the heater has been
controlled to model a 350 m 3 building (i.e. 135m² with a high ceiling of 2.60m). To match with
reality and upgrade in real-time building thermal load (according to Eq. 1), outside temperature and
irradiation sensors and monitoring were fitted. Major monitoring data and performance results are
presented hereby, for both “eco” and “comfort” modes, and under both sunny and
intermittently disrupted sunny/cloudy conditions.

Figure 5 : Electric and thermal powers time history (Sept 6th 2017 – TOULON) – “eco” mode

On following graphical displays (Figure 5 and Figure 6), negative values of grid electric powers
means that power in injected by PV system into the grid (red curve). For battery (black curve), it is
the opposite (this was done for legibility). Data and performances results were obtained on a daily
basis, from 8 a.m. up to 7 p.m. Those data may permit one to appreciating PV COOLING efficiency
especially EER: ratio of thermal energy produced to grid energy consumption (Figure 7).
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5.1. “eco” mode
Figure 5 displays a quite significant case of ”eco” mode efficiency : Sept 6th was quite a disrupted
sunny/cloudy day until 4:00 p.m. and in can be seen that system consumption (and thus cooling
power) is adapted PV power. One can notice that despite disrupted conditions, Sept 6 th cooling
power this day matches quite well thermal load history. This case gives EER = 44 (see Figure 7).
5.2.”comfort" mode

Figure 6 : : Electric and thermal powers time history (Aug. 28th and. 29th 2017 – TOULON) – “comfort” mode

Figure 6 (above) displays PV-COOLING results obtained on Aug. 28th 2017. It was quite a sunny
day with high thermal load (71.15 kWh). High cooling production (75.46 kWh) was achieved and
with low grid contribution (0.47 kWh) which yields to EER = 161.93 (see Figure 7). The next day
(Aug 29th), solar irradiation was much more disrupted than previous example and still exhibits high
thermal load (72.04 kWh) a high cooling production (75.14 kWh) and a low grid consumption (0.78
kWh). Here EER = 95.82 (see Figure 7).
On all those examples, one can see that priority is given to battery as external supply (at the
condition that battery charge level is sufficient).
Figure 7 below is a synthetic table of significant values which permit one to appreciating PVCOOLING performances. Surprisingly high values of EER are the result of very low grid
consumption and have to be interpreted with humility: in fact, comparing EERs on Aug. 28 th and
29th (respt. 162 and 96) is only du to 0.31 kWh difference in 11 hours !
"ECO" mode
DATA

overall electric consumption(kWh)
PV electric consumption (kWh)
PV energy production (kWh)
consumption from battery (kWh)

sept 5th

sept 6th

14,52
14,11
26,56
0,00

17,87
16,64
19,94
0,01

"COMFORT" mode
Aug. 28th Aug. 29th Aug. 30th

22,62
21,29
25,88
0,87

22,22
19,26
22,94
2,18

25,24
15,95
18,72
6,13

Qgrid: consumption from GRID (kWh)

0,40

1,22

0,47

0,78

3,15

building thermal load (kWh)

38,64

51,74

71,15

72,04

75,99

Qth: cooling production (kWh)
compressor COP

43,03

53,87

75,46

75,14

77,89

3,40
2,96

3,36
3,02

2,91
2,72

2,96
2,76

2,82
2,64

53
97

83
93

82
94

84
87

85
63

"PV COOLING" COP

PV COOLING "EER" (Qth/Qgrid)
SELF CONSUMPTION RATE (%)
SELF PRODUCTION RATE (%)

106,34 44,11 161,93 95,82 24,71

Figure 7 : Summary off significant values for different weather and management conditions

As a result of those examples, it may be concluded that PV-COOLING concept can be considered
as efficient and quite acceptable values of EER were obtained which demonstrate possibility to run
PV-COOLING independently from grid.
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6. DISCUSSION ON ENVIRONMENTAL AND ECONOMIC BENEFIT
From 2017 summer measurements, an attempt has been done with a view to estimating
environmental and economic benefit due to PV COOLING. This was done considering thermal
cooling need for days when cooling is required, and the monthly rate of days of for which cooling is
needed. This yields to monthly cooling energy (kWh).
Figure 8(a) below shows the result in terms of cooling energy (kWh) and electricity induced CO 2
(kg) during the period from April to September for our 135 m 2 office building in south of France
(French Riviera): 232 kg; although Figure 8(b) produces same results considering southern Italy :
1270 kg.
In France (Figure 8(a)), the required 7.7 MWh induces 232 kg CO 2 and in southern Italy (Figure
8(b)), 12 MWh correspond nearly to 1.3 ton of CO2.

april
may
june
july
aug.
sept.
oct.

TOTAL

kWh(th)
per day
20
40
60
75
65
50
30

Nb
days
30
31
30
31
31
30
31

rate of use
kWh
(%)
(thermal)
20%
120
50%
620
85%
1 530
100%
2 325
90%
1 814
70%
1 050
30%
279

7 738

kg CO2/kWh CO2 benefit
(elec)
(kg)
0,09
4
0,09
19
0,09
46
0,09
70
0,09
54
0,09
32
0,09
8

232

april
may
june
july
aug.
sept.
oct.

kWh(th)
per day
30
50
80
95
80
75
50

Nb
days
30
31
30
31
31
30
31

kg CO2/kWh
(elec)
0,32
0,32
0,32
0,32
0,32
0,32
0,32

11 910

TOTAL

(a)

rate of use
kWh
(%)
(thermal)
30%
270
70%
1 085
100%
2 400
100%
2 945
100%
2 480
80%
1 800
60%
930

CO2 benefit
(kg)
29
116
256
314
265
192
99

1 270

(b)

Figure 8 : : Elements of estimate of the environmental and economic benefit
(a): in southern France (French Riviera) ; (b): in southern Europe (southern Italy)

A transposition is done considering a 1000 m 2 office building over a 15 years duration, and by
considering 2 hypothesis:
i. PV COOLING COP = 3
ii. Expected average cost increase of electric energy evaluated as 3 % per annum.
Transposition to a 1000 m 2 office building shows the following:
• CO2 saving of 25,8 tons in France and 141 tons in southern Italy
• Energy saving cost of 30 k€ in France and 121 k€ in southern Italy.
The disparity is due to the fact that in Italy, as in many Europeans countries (and unlike “nuke”
France), grid power rests upon embodied energy and consequently carbon footprint is much higher
than in France.
Similar remarks may be done and for the same reasons regarding cost considerations where PV
COOLING may induce 121 k€ in Italy although the same PV COOLING may only induce 30 k€ in
southern France.

7. CONCLUSIONS
To conclude, the developed and tested PV-COOLING concept allows bringing following
conclusions:
• PV-COOLING demonstrates that it is possible to combine improved technologies which are
photovoltaic (PV) power plant to drive vapour compression thermodynamic system for the sake
of producing cooling energy ;
• Securing PV plant with external power supply to drive thermodynamic system was successfully
demonstrated ;
• Part of efficiency results in possibility to real-time adapting cooling power to solar irradiation ;
• EER obtained values shows that only a limited amount of grid supply is necessary and
consequently, external generator may efficiently be substituted to grid ;
• Proper management permits one to consider fully autonomous systems disconnected from grid.
Technically, existing system is planned to further investigate clever ways of using PV excessive
power. This concerns mainly investigating cold storage (as shown on Figure 2), but also electric
storage and compare which is better to improve autonomy of PV-COOLING.
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Comparison of Italy vs France benefits of PV COOLING shows that energy cost and current grid
power carbon footprint is a drastic parameter for environmental and economic efficiency. In this
respect, France is far from holding the best position for developing a renewable energies policy.
The marketing plans carried out target PV COOLING as a development tool in sunny and/or
tropical regions for both air-conditioning system and positive food storage. Eventually, PVCOOLING concept open wide perspective for insulated areas and may constitute a tool for landuse planning, and especially in the developing world.
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ABSTRACT

The overall objective of the research is to develop a domestic air source gas-fired heat pump to
replace standard condensing boilers cost-effectively. The working pair is ammonia and active carbon.
A succession of sorption generators have been prototyped, culminating in the 'kebab' design in which
monolithic carbon is compressed between aluminum fins on a steel tube containing pressurized
water that either heats or cools the adsorbent in a two-bed cycle with heat and mass recovery.
A 10 kW system was built and tested. Initial results were poor with Coefficient of Performance (COP)
a little above 1. This was due to mass transfer resistance in adsorption being too high, due to an
excessive binder fraction.
A new formulation has been tested in a single 'kebab' and the results are consistent with an internal
COP of 1.40 when delivering 10 kW at 50°C and evaporating at 0°C or 1.34 when delivering 20 kW.
Keywords: Adsorption, Ammonia, Domestic Heat Pump, Performance

1.

INTRODUCTION

The University of Warwick is currently developing a very compact carbon-ammonia adsorption cycle
gas fired heat pump to be a box-for-box exchange with a conventional domestic gas boiler, with much
reduced size and capital cost compared to alternative machines on the market (<4 times). Also for ease
of retrofit, it is an air source machine. It must provide at least 10 kW of heat output, which is the
requirement for an average semi-detached UK household. The working conditions of the machine are
heating water to >50°C for low temperature radiators, and the evaporating temperatures vary with the
ambient temperature but can range from 0 to 10°C. The target of internal COP achieved by the machine
should be higher than 1.4 so that the gas utilization efficiency (GUE) is higher than 1.25. With this
predicted delivered COP, the machine will reduce the household gas consumption by 30% compared
to a conventional condensing boiler.
The refrigerant used is ammonia since it has the ability to operate below 0°C evaporating temperature
which makes it suitable for air source operation. Also, the high working pressures of the ammonia in
the system enables a compact machine and the achievable power density is almost entirely heat
transfer, rather than mass transfer limited. Ammonia is paired with active carbon, as adsorbent, which
has been chosen since it is stable at high driving temperatures. It does have lower and more gradual
concentration change than adsorbents with S-shaped curves or salts, but does not suffer from a sudden
‘switch off’.
Fig. 1 shows the schematics of the heat pump. On the left hand side there is the burner that provides
heat to the heat transfer fluid (pressurized water). The heat transfer fluid, at a high and at a low
temperature, is pumped through two sorption generators, one being cooled, adsorbing ammonia, and
the other being heated, desorbing ammonia. The ammonia that has been desorbed from Bed 1 first
passes through the condenser, releasing heat to the house heating system, then through the expansion
valve, then through the evaporator, where it evaporates and absorbs heat from the ambient air, and
finally it is adsorbed in Bed 2. After (typically) two or three minutes the beds are switched, Bed 2 being
heated and Bed 1 being cooled. Additionally there is heat and mass recovery between the beds to
improve the COP.
The sorption generator is effectively a thermally driven compressor and is the most critical part of the
design. The challenge is to design and build a sorption generator that has excellent heat transfer, not
just to reduce the size and cost of the machine but also to allow effective transfer of heat between the
beds in a high COP regenerative cycle. However, it must also have low thermal mass since it is
repeatedly cycled in temperature and the sensible heat used, whilst partly recoverable is not multiplied
by the heat pump COP. In addition, the generator must be capable of reliable mass production at a
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cost of at most a few tens of Euros. Without this challenge being met it is unlikely that a domestic
adsorption heat pump to replace a gas boiler will ever be viable.

Figure 1: Warwick adsorption heat pump schematic

The geometry of the adsorption generators that contain the sorbent and that have previously been
used at Warwick have over 1000 water tubes of 1.2 mm diameter on a 3 mm pitch, shown in Fig. 2.
(Critoph and Metcalf, 2011).This geometry had been not optimised and a dynamic simulation program
was written to determine how far from optimal the design is and also whether alternative designs or
materials offer advantages (Rivero-Pacho et al., 2017). They investigated active carbon bound with
silanes, activated carbon in an Expanded Natural Graphite matrix and activated carbon with an organic
binder. The carbon - organic binder combination was found to be superior in all cases studied, having
reasonable thermal conductivity together with low thermal mass. The preferred adsorbent was then
modelled in both shell and tube and shell and finned tube arrangements.

Figure 2: Shell and (micro) tube sorption generator
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2. SIMULATION AND OPTIMISATION
2.1.

Model with idealised condenser and evaporator

The shell and tube configuration of Fig. 2 was not far from optimal. Fig. 3 shows the cycle COP (heat
output / heat input from gas flame) and SHP for a number of simulations. In this and all other simulations
the cooling phase assumes an inlet water temperature of 50°C, heating water inlet at 170°C,
evaporating at 5°C and condensing at 50°C in order to compare designs. Each of the points of similar
colour show a combination of heating/cooling time and heat recovery time for a particular (triangular)
tube pitch. The envelope of all points of the same colour represents the best combination of times, i.e.
control strategy to use in operating the system and represents the best trade-off between COP and
power.
1.35
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Pitch = 3 mm

COPh

1.30

Pitch = 4 mm
Pitch = 5 mm
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Figure 3: COP v. SCP for 208C carbon + organic binder with 1.2 mm OD tube and a range of pitches

The shell and tube configuration was tested but not further developed for a combination of reasons.
Firstly the nickel brazed generator was too expensive to produce and secondly the effective material
conductivity achieved was less than in the bulk material. A finned tubes in shell design is much lower
cost and the adsorbent conductivity is equal to the bulk value.
The ‘kebab’ design uses aluminum fins on a stainless steel tube with carbon-binder mixture
compressed between the fins, as shown in Figs. 4 and 5.

Figure 4: ‘Kebab’ schematic

Figure 5: Sample ‘kebab’

A two dimensional finite difference simulation model in MATLAB was written to explore how varying
the geometry of the generator, dimensions and control parameters affect the Coefficient of
Performance (COP) and power output under specified conditions and sorption materials. The
adsorbent thermal properties used in the simulation were the ones previously tested and presented.
The unit cell is a cylindrical section as shown in Fig. 6. The lengthwise cell is split into nl axial sections
and the carbon is split into nr equal radial sections. The pressurised water used to heat or cool the steel
has only one radial element, but the water can be subdivided into multiple numbers of axial elements
if the mass flow rate specified is so high that an element of water could flow past more than one axial
element of steel in one time step.
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In order to keep the simulation stable whilst the heat transfer in the metallic segments was modelled
and whilst keeping the total computation time reasonable, a time step of roughly 0.05 times that of the
carbon was used for all the metallic elements. The geometric variables that can be changed in this
model are the inner and outer tube diameter and the tube pitch in addition to the fin thickness and the
carbon thickness between fins.

Figure 6: Finned tube unit cell

A typical compilation of simulated COP v SCP is shown in Fig. 7 which explores the effect of using
different tube pitches for a particular tube diameter and fin pitch. Using the optimal pitch it is noticeable
that the COP does not drop off rapidly with increasing power output, e.g. COP of 1.39 at 10 kW reducing
to 1.35 at 20 kW.

Figure 7: COP v. power for 208C carbon + organic binder ‘kebab’ with a range of pitches

2.1.

Model with ‘real’ condenser and evaporator

This behavior is probably exaggerated. Work has recently begun to realise a fully functional prototype
with a gas burner and this has required a more realistic model that takes into account the gas burner
and heat exchanger and the heat transfer coefficients of the condenser and evaporator to load and
environment rather than assuming fixed temperature boundary conditions. Fig. 8 plots GUE (Gas
utilization efficiency) v. power for a condenser of 2.5 kW/K and evaporator 1.45 kW/K with ambient
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temperature 10°C and water return temperature 50°C. The GUE is based on the higher calorific value.
The gas to pressurized water heat exchanger is modelled as a series of sections with varying heat
transfer coefficients. The overall efficiency of gas higher heating value to the pressurized water varies
but is normally close to 80%. There is an additional assumption that the exhaust leaving that heat
exchanger will provide a further 10% of higher heating value to the load via the final exhaust heat
exchanger as shown in Fig. 1.
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Figure 8: GUE v. SCP for final design of 208C carbon + organic binder ‘kebab’

It is clear that the sensitivity of GUE to power output has increased but there is still the prospect of
achieving an average GUE of > 1.2 in UK climatic conditions. Whether this is commercially acceptable
will depend crucially on the production cost. Previous 4-bed configurations with enhanced internal heat
recovery [Critoph and Metcalf, 2011] show a GUE of 1.4 to be possible but at the expense of greater
complexity and cost. Our aim is to explore simpler, low cost options if at all possible.
An initial set of ‘kebab’ generators were built and tested in 2018. The results were very poor, desorption
being rapid and in line with predictions but adsorption being very slow. This was found to be due to an
excess of binder leading to high mass transfer resistance. A new method of production was found
enabling a much lower mass fraction of binder and acceptable mass transfer resistance.
At the time of writing a full set of generators is being manufactured and will be tested in the laboratory
in the test facility shown in Fig. 9 in which the pressurised water is electrically heated rather than by
combustion of gas. This was previously used successfully for evaluating shell and tube generators.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4378

Figure 9: Laboratory heat pump test rig

A single ‘kebab’ with the new formulation has been made and tested in a Large Temperature Jump
(LTJ) test apparatus. A sample ‘kebab’ is located in the main vessel of the LTJ. This main vessel is
connected to a reservoir vessel containing ammonia gas and pressure and temperatures in different
parts of the system are recorded throughout the experiment. Once the heat transfer fluid that flows
through the tubes of the heat exchanger suddenly increases its temperature, the ammonia adsorbed
in the carbon composite desorbs increasing the pressure of the system. This increase in pressure is
recorded and matched to a simulation program in MATLAB that predicts the thermal properties of the
sample.
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Figure 10: Comparison between large temperature jump experiment and computational model.

Fig. 10 shows the comparison and the match between the large temperature jump experiment and the
model in desorption. Adsorption results are very similar. ‘k’ in the plot is the assumed effective thermal
conductivity of the bound carbon in Wm -1K-1. There is clearly a good match between the two. The
simulations reported above used a conductivity of 0.3 Wm -1K-1 (based on previous fabrication methods
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and the sample results suggest a conductivity of at least 0.4 Wm -1K-1, giving some confidence that the
desired performance can be achieved.

3. CONCLUSIONS

The challenge in developing a cost effective adsorption heat pump is to design a sorption generator
that has low thermal mass combined with good heat transfer and mass transfer. Three different types
of binder have been evaluated for use with active carbon adsorbent and an organic binder selected.
Micro tube and shell designs have been fabricated and tested but are too costly to manufacture and
the effective conductivity was below that of the bulk composite. A finned-tubes in shell configuration
offers low cost manufacture combined with adequate heat transfer and thermal mass. Simulation has
been used to identify a good combination of tube diameter and pitch plus fin thickness and pitch. A
single finned tube has been fabricated and tested in a Large Temperature Jump apparatus. Analysis
of the results shows an effective adsorbent thermal conductivity of at least 0.4 Wm -1K-1 which is
sufficient to achieve the required performance in the full system currently being built.
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ABSTRACT
Remote northern communities of Nunavik rely on fossil fuels for space heating and domestic hot
water production. The capital Kuujjuaq is characterized by 8500 heating degree days and
discontinuous permafrost. Numerical simulations taking into account latent heat effects due to waterice phase changes demonstrated that the 10-year performance of small-diameter borehole heat
exchangers is as valuable as conventional diameters. Moreover, owing to the cold underground,
deeper boreholes perform significantly better than shallow ones. A heat extraction rate of 35 W m -1
can be sustainably maintained by a 300-m borehole. The financial analysis showed that groundsource heat pumps are a viable alternative to fossil fuels. Absorption heat pump is the most
interesting technology, but only district-scale applications could justify high drilling and installation
costs of vertical ground heat exchangers. Payback time of 15 years was found at the current costs,
but less than 10 years can be achieved at 150 CAD m -1 drilling cost.
Keywords: Ground-source Heat Pumps, Permafrost, Freeze-thaw Cycles, Feflow, Nunavik.

1. INTRODUCTION
Nunavik is the Québec territory north of the 55th parallel that hosts 14 Inuit and 1 Cree villages, with
a total population of around 12 300 people (SHQ, 2014). All of these off-grid communities currently
rely on fossil fuels to provide both electricity and heat. Hydro-Québec, the provincial electricity
provider, produces electricity with community diesel power plants at costs ranging from 0.6 to
1.5 CAD kWh-1 (Canadian dollars; Hydro-Québec, 2011). Space heating (SH) and domestic hot
water (DHW) are autonomously provided by each building with oil furnaces, with the cost of heating
oil amounting to 2.03 CAD l-1 in 2018 (Makivik, 2018). Subsidies from the Government of Québec
allow the beneficiaries to pay 0.058 CAD kWh-1 up to an electricity consumption of 900 kWh month-1
and then 0.38 CAD kWh-1, as well as 1.63 CAD L-1 for the heating oil (Karanasios and Parker, 2016).
To this regard, the study of possible alternatives is of utmost importance to reduce the costs and
environmental impacts of energy production in these communities (e.g. Yan et al., 2019). Among the
suitable renewable technologies, ground source heat pumps (GSHP) are under study to evaluate
the potential contribution of shallow geothermal energy to provide SH and DHW.
GSHP have already been studied and tested in cold climates (e.g. Wu et al., 2013; You et al. 2016;
Garber Slaght et al., 2017) and few works on shallow geothermal technologies have also been
conducted in Nunavik (e.g. Fontaine et al., 2011; Belzile et al., 2017; Giordano et al., 2018). Strongly
heating dominated buildings and permafrost conditions are the main issues to face in arctic to
subarctic environments. The unbalanced heat extraction from the ground surrounding the vertical
(or horizontal) heat exchangers can reduce the GSHP performance in the long term. On the other
hand, a temperature decreasing trend is desirable in permafrost maintenance applications, with the
heat being regarded to as a by-product only (e.g. McFadden 2007; Instanes and Instanes 2008).
However, in both cases, frequent freezing-thaw cycles must be avoided to safeguard building
foundations and grout integrity of borehole heat exchangers (BHE; e.g. Kirschbaum et al., 2018).
Besides the technical issues, drilling activity is the most expensive element of GSHP systems and
in Nunavik this is a critical factor that can negatively affect the development of the technology. In the
last 10-15 years, drilling firms have developed in Nunavik to provide services to mining exploration
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companies. A local company can drill 3-inch (NQ diamond drilling standard) and 4-inch (HQ diamond
drilling standard) boreholes up to 300-400 m with a cost of around 300 CAD m-1, but usually the rigs
are outside Kuujjuaq to work in prospection areas and the helicopter transportation in town can
double the price. Alternatively, a firm in Iqaluit (Nunavut) can drill conventional 6-inch boreholes
(CO), but with transportation and manpower travel expenses they cannot work it out for less than
400 CAD m -1.
In the light of this situation, the objective of the present contribution is twofold. First, numerical
simulation of BHEs with different diameters and lengths were carried out to evaluate the long-term
technical performance of NQ vs. CO borehole diameter. Second, a financial analysis was conducted
in order to assess the economic feasibility of three different GSHP systems, by taking into account
that Hydro-Québec currently forbids the use of electricity to provide SH and DHW; the payback times
(PBT) of these scenarios have been compared as a function of the drilling cost in order to define a
threshold of financial sustainability.

2. METHODOLOGY
2.1.

Geological, Climate and Energy Setting

Kuujjuaq (58.10°N, -68.42°E) is the administrative capital of Nunavik and it is home to around 2375
people (SHQ, 2014). Mainly marine and glacial deposits constitute the quaternary cover of a
Precambrian bedrock whose main lithologies are diorites and paragneisses (Giordano et al., 2018
and references therein). Kuujjuaq presents a subarctic climate with average annual air temperature
of -5.8 °C and 8500 heating degree days (1981-2010 Climate Normals, Government of Canada,
2018). Winter shallow ground temperature clearly shows the insulating effect of snow cover (Fig. 1).
The presence of discontinuous but widespread permafrost is reported in the region and it strongly
depends on the local geological conditions (Lemieux et al., 2016). A reference building simulated by
Kanzari et al. (2018) displayed a total heating load of 33.6 MWh, SH and DHW included.

Figure 1: Monthly air and ground (0.25 m below ground level (b.g.l.)) temperature

2.2.

Numerical Simulations

The commercial code FEFLOW (Diersch, 2014) was used to simulate the long-term behaviour of
borehole heat exchangers. An open-source plug-in developed by Anbergen et al. (2015) was
included in the calculations in order to take into account the phase change of water at 0 °C, with
transition zone between 0 °C and 1 °C, and monitoring the freeze-thaw cycles occurring in the
underground. A 3D model 190 × 190 × 350 m was built and spatially discretized with a mesh of
65 750 triangular prismatic elements, refined nearby the BHE and progressively coarser towards the
model boundaries. The refinement around the BHE consisted in 6 nodes according to the
methodology described by Diersch et al. (2011) in order to have an optimal nodal distance of 0.45 m
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and thus ensure numerical stability and accuracy. Two different nominal borehole diameters were
considered here: NQ (2.97 inches, 75.4 mm) with a pipe outer diameter of 26.67 mm and CO
(6 inches, 152.4 mm) with a pipe outer diameter of 33.40 mm. CO borehole is equipped with a
double-U heat exchanger, while NQ can only host a single-U pipe owing to the limited space. For
both of them, 100-m and 300-m lengths were tested by applying 9-month constant heating loads of
1 kW, 3.5 kW (100 m), and 7 kW, 10 kW (300 m). A total of 8 simulations were run for 10 years; the
automatic time-step control scheme was adopted to allow the solver to choose the appropriated
length depending on the change of the primary variables. Geological stratigraphy consists of 25 m
of saturated marine deposits (λ 1.5 W m -1 K-1, Cv 3.0 MJ m -3 K-1, Ф 0.35; Giordano et al., 2017)
overlying highly conductive diorites (λ 3.0 W m -1 K-1, Cv 2.4 MJ m -3 K-1, Ф 0.05; Miranda et al., 2018).
A temperature profile measured in a well in Kuujjuaq was set as temperature initial condition (IC) to
the whole model; the IC is free of frozen ground (Della Valentina et al., 2018). One-year temperature
recordings at 0.25 m below the ground level (b.g.l.; Fig. 1) were assigned as time-series Dirichlet
boundary condition (BC) at the top of the model and geothermal heat flux of 0.045 W m -2, estimated
by Miranda et al. (2018), was given as Neumann BC at the bottom. Since no specific information is
available, no groundwater flow was considered in these simulations, but the whole column is
saturated by water since groundwater table in town is commonly less than one meter b.g.l.
2.3.

Financial Analysis

Three different heating scenarios were considered to offer a GSHP alternative to the business-asusual (BAU) diesel furnaces above described:
1. An absorption heat pump (absHP) with energy to run the thermal compressor provided by a
diesel furnace (efficiency η 0.78) similar to the ones already existing in each building in
Kuujjuaq. The GAHP-WS from Robur S.p.A. (cost 15 000 CAD) was chosen for this study
and a COP of 1.25 was adopted based on the minimum expected entering water
temperature;
2. A compression heat pump (compHP_DgHR) with energy provided by a diesel generator
(η 0.35; cost 20 000 CAD) with 50 % heat recovery. The ACTEA SI from Rossato Group srl
(cost 15 000 CAD) with a COP of 3.5 was chosen;
3. A compression heat pump (compHP_Dpp) with energy provided by the community diesel
power plant (η 0.35). Even if currently forbidden, this scenario was studied to evaluate the
possible gain of using high-efficiency heat pump in place of diesel furnaces.
The underground part of the system was calculated with BHEs of 100 m with NQ diameter to cover
the 70 % of the total SH and DHW demand. According to the GPOT method (Casasso and Sethi,
2016), such a BHE can provide on average 110 kWh m -1y-1 of thermal energy in Kuujjuaq,
considering a minimum BHE temperature of -10 °C. According to the ASHRAE sizing method
(Philippe et al., 2010; ASHRAE, 2015), total drilling lengths of approximately 50 m, 100 m and 150 m
would be necessary for scenarios absHP, compHP_DgHR and compHP_Dpp, respectively; peak
hourly ground loads amount to 1 kW, 2.3 kW and 3.5 kW, respectively.
A 10-dwelling case (demand calculated as single-dwelling’s heating load x 10) was also considered
in order to share the investment costs on heat pumps and diesel generators, and to decrease the
PBT. According to the G.POT method, a BHE with the same configuration as before but 300-m long
can provide on average 130 kWh m -1y-1. For absHP, compHP_DgHR and compHP_Dpp the
ASHRAE sizing method outputs drilling lengths of 400 m, 1000 m and 1400 m, and peak hourly
loads of 9.9 kW, 24 kW and 35.4 kW, respectively.

3. RESULTS AND DISCUSSION
3.1.

Numerical Simulations

The results show that the minimum BHE average fluid temperature reaches an equilibrium before
the 10-year term for both the heating loads applied to the 300-m-BHE and for the 1kW case for the
100-m-BHE (Fig. 2). Conversely, the 100m_3.5 kW case still presents a decreasing trend at the end
of the simulation time. The two end members belong to the 100-m BHE, being clearly underdesigned when only 10 W m -1 of heat extraction rate is applied, but over-designed for 35 W m -1, with
the average BHE temperature lower than -10 °C for the most part of the season already at year 3.
The BHE fluid temperature decreases more with NQ diameter rather than CO over the long term as
expected (Fig. 3), due to its higher borehole thermal resistance (0.1 m K W -1 vs 0.06 m K W -1
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according to Claesson and Hellström, 2011). However, the difference is small in both cases (0.2 °C
at 3.5 kW and 0.7 °C at 10 kW). Owing to the cold shallow underground, geothermal gradient and
heat flow become more influent with respect to warmer climates. Longer boreholes are therefore
more suitable in the Kuujjuaq conditions, and 35 W m -1 seems to be the maximum threshold for
sustainable heat extraction. It can also be said that single-U NQ boreholes can provide the same
amount of energy of conventional diameters with a not-significant impact on both the long-term
sustainability of the underground resource and performance of the GSHP system.

Figure 2: NQ BHE average fluid temperature over the 10-year simulation

Figure 3: Comparison of NQ and CO BHE average fluid temperature over the 10-year simulation

The underground temperature evolution at 5-m depth clearly shows the influence of the phase
change water-ice occurring in the surrounding of the BHE (Fig. 4). During the heat extraction, the
ground freezes and latent heat is released generating a temperature increase in the nearby volume.
This phenomenon is visible in all the heating load scenarios with spikes along the decreasing
temperature curves. Cases with 1 kW (100 m) and 7 kW (300 m) heat extraction show a general
increasing trend of the maximum temperature meaning that the BHE heat extraction is underdesigned. Spikes also occur with 7 kW heat extraction along the ascending temperature curve as a
result of the absorption of the latent heat of fusion. The ground volume in a radius of 2 m from the
BHE reaches a permanent frozen condition after year 4 for the 3.5 kW scenario (100 m). However,
at radius > 2 m freeze-thaw cycles are likely to happen. Conversely, the 300-m BHE with 10 kW heat
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extraction shows that water phase changes are only concentrated close to the BHE and it reaches
an equilibrium between heat extraction and recharge from the top of the model. The results prove
that freeze-thaw cycles occur in both the low (10-20 W m -1) and high heat extraction rates
(30-35 W m -1) simulated here. However, with a deeper borehole the phenomenon is localized within
a 2-m radius from the BHE and 35 W m -1 can be sustainably extracted without negatively affecting
the buildings’ pressure bulb (ground volume influenced by the weight of the building).

Figure 4: Comparison of temperature at 2-m distance from the BHE and 5-m depth for the four
different NQ diameter scenarios. An example of heat load is also shown

3.2.

Financial Analysis

Figure 5: Payback time vs. drilling costs

The PBT for the single-dwelling case range from 10 to 17 years with optimistic drilling costs
(50 CAD m -1), but achieve 23-27 years at 300 CAD m -1 (Fig. 5). The 10-dwelling case would allow
to reduce PBT to 7-10 years and 15-25 years, respectively, thanks to the significant advantage of
sharing the cost of heat pumps and diesel generators among several home-owners. In both cases,
compression heat pump shows to be the most expensive technology due to higher COP, which
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requires more drilling length compared to an absorption heat pump. The choice of installing a diesel
generator to locally produce electricity would be profitable only if the GSHP installation was done at
the scale of a district or small residential area. Indeed, this scenario is more desirable than using the
electricity from the power plant already at drilling costs of 100 CAD m-1. Generally, the absorption
technology can guarantee the best investment opportunity in both the single and 10-dwelling cases,
with the latter showing interesting PBT even at the maximum drilling cost considered in this study.
The government’s perspective was calculated through the annual subsidies that have to be
corresponded and the greenhouse gas (GHG) emission savings provided by each scenario
compared to BAU (Tab. 1). No subsidies were considered for the purchase of heat pumps or diesel
generators: for simplicity, only the current subsidies on diesel and electricity consumption were used.
The compression GSHP system fed by the power plant would require the highest subsidies, as
expected, but it would guarantee the highest amount of CO 2 savings. The absoprtion system would
generate benefits for both the home-owners and the government, with 26 % less annual operating
costs and subsidies, but the smallest CO2 reduction. 48 % financial savings and 3.9 tons of CO2
reduction would be generated by installing a diesel generator to feed the compression GSHP system.
Table 1. Financial analysis of GSHP operation

Scenario
BAU
compHP_Dg
HR
compHP_Dp
p
absHP
BAU_10dw
compHP_Dg
HR_10dw
compHP_Dp
p_10dw
absHP_10d
w

GSHP

Furnace

Electricity Diesel
(kWh)
(L)

Diesel
(L)

Home-owner
Annual
Investment operating
(kCAD)
costs
(kCAD)
5.02

-

-

3081

-

687

924

35.00

22 400

-

924

-

1346
-

-

Annual
GHG
government’s
saving
subsidies
(t CO2)
(kCAD)
1.23

-

2.63

0.64

3.9

15.00

2.81

17.96

5.7

924
30 813

15.00
-

3.70
5.02

0.91
1.23

2.1
-

687

9244

20.09

2.63

0.64

38.8

22 400

-

9244

13.42

2.81

17.96

56.9

-

1346

9244

7.50

3.70

0.91

21.4

4. CONCLUSIONS
This contribution presented the 10-year performance evaluation of borehole heat exchangers in the
subarctic climate of Kuujjuaq, Nunavik. In parallel, a financial analysis was carried out to evaluate
GSHP as alternative solution to the diesel furnaces currently used in all the autochthonous
communities for providing SH and DHW.
The numerical simulations showed that 3-inch diameter borehole equipped with a single U-pipe heat
exchanger can extract a similar amount of energy than 6-inch conventional boreholes, without
significant impact on both the underground temperature and the GSHP performance. Moreover,
owing to the cold underground in Kuujjuaq, deeper BHE are preferable in order to restrict the
occurrence of freeze-thaw cycles within 2 m surrounding the BHE. Therefore, no negative influence
on the buildings’ pressure bulb is foreseen if safety distance is kept (e.g. 5 m). BHE grout’s integrity
to prevent infiltration of surface water along the borehole can however be expected and needs to be
further investigated. A heat extraction rate of 35 W m -1 for a 300-m borehole was finally shown as
the maximum threshold for a sustainable heat extraction in these subarctic conditions.
The financial analysis revealed that ground-source absorption heat pumps installed for a single
dwelling can be a valid alternative for both home-owners and government’s perspective at optimistic
drilling costs only (50 CAD m -1). Subsidies could help purchase the system or support the drilling
activity in order to reduce PBT. If district-scale systems were built, both compression and absorption
GSHP would guarantee PBT lower than 15 years at drilling costs of 150 CAD m -1. The absorption
technology, provided that it can operate on diesel, provides the most interesting opportunity from the
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economical point of view. As expected, the compression heat pump generates the best GHG savings
and the lowest subsidies with on-site diesel generators, but it is financially unprofitable for homeowners at the current drilling costs.
In conclusion, GSHP systems can be a viable alternative to fossil fuels in Kuujjuaq, but a decrease
of the drilling cost is crucial to aim at a widespread utilization of the technology. Future activities will
encompass the study of BHEs’ interaction, the influence of the groundwater flow and the
performance evaluation with colder underground temperature in the northernmost communities of
Nunavik.
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heat capacity (MJ m K )
thermal conductivity (W m -1 K-1)
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Ф
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ABSTRACT
This paper presents the model of the heat pump water heater that has two interdependent parts:
water in the storage tank of a heat pump water heater and the steady-state vapor compression
system.
System performance is modelled by Engineering Equation Solver (EES) while computational fluid
dynamics (CFD) is used for the water tank. These models are linked to simulate the performance
in the transient, warm-up period.
The iterations between the EES-CFD linked model exchange the data though the interface of the
water and tank wall until obtaining the matched solutions for both models. This EES-CFD linked
model is found to be in good agreement with the experimental results conducted in the same
activity and can predict the temperature distribution of the vapor compression system and transient
behavior of the thermal storage tank.
Keywords: CFD, Modelling, Heat Pump, Water Heater.

1. INTRODUCTION
Modelling a HPWH system is a challenge due to the complexity of various sub-systems and the
integration between the vapor-compression cycle and the water tank. Therefore, a EES-Fluent linked
model has been developed and used to simulate the transient heating-up process of the HPWH
system. The CFD model exports the thermal and momentum profiles in the water tank while the EES
model simulates the vapor compression cycle. The EES system model outputs the heat flux profile
as a boundary condition of coil segments in the CFD model. Therefore, the EES system model and
CFD tank model exchange the information via the tank wall. By iterating the data between EES
system model and CFD model, the solutions from the two models can be matched. This method is
proposed by Shah and Hrnjak (2014) and refined by Li and Hrnjak (2018). Since the OCR is within
0.3% which is fairly small during the heating up process, the oil effect on the HPWH system
performance is assumed to be neglected, the thermodynamic properties in the model is set to be
those of the pure refrigerant.

2. MODELLING
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2.1 Vapor compression cycle system model
A quasi-steady-state EES system model contains three sub-systems to simulate and predict the
thermal behaviour of the condenser, evaporator and compressor. The Electronic Expansion Valve is
set to be isenthalpic.
2.1.1 Compressor model
AHRI 10-coefficient compressor maps are used to obtain refrigerant mass flow rate through the
compressor and compressor power consumption. The performance map of a single-speed rotary
compressor obtained from manufacturer is used in the compressor model. Eq. (1) and (2) shown
below are flow rate and power as functions of evaporating and condensing temperatures.
2
2
3
𝑚̇ = 𝛼1 + 𝛼2 𝑇𝑒𝑣𝑎𝑝 + 𝛼3 𝑇𝑐𝑜𝑛𝑑 + 𝛼4 𝑇𝑒𝑣𝑎𝑝
+ 𝛼5 𝑇𝑒𝑣𝑎𝑝 𝑇𝑐𝑜𝑛𝑑 + 𝛼6 𝑇𝑐𝑜𝑛𝑑
+ 𝛼7 𝑇𝑒𝑣𝑎𝑝
+
2
3
2
𝛼8 𝑇𝑒𝑣𝑎𝑝 𝑇𝑐𝑜𝑛𝑑 + 𝛼9 𝑇𝑐𝑜𝑛𝑑 𝑇𝑒𝑣𝑎𝑝 + 𝛼10 𝑇𝑐𝑜𝑛𝑑
Eq. (1)
2
2
3
̇
𝑊 = 𝛽1 + 𝛽2 𝑇𝑒𝑣𝑎𝑝 + 𝛽3 𝑇𝑐𝑜𝑛𝑑 + 𝛽4 𝑇𝑒𝑣𝑎𝑝 + 𝛽5 𝑇𝑒𝑣𝑎𝑝 𝑇𝑐𝑜𝑛𝑑 + 𝛽6 𝑇𝑐𝑜𝑛𝑑 + 𝛽7 𝑇𝑒𝑣𝑎𝑝
+
2
3
2
𝛽8 𝑇𝑒𝑣𝑎𝑝 𝑇𝑐𝑜𝑛𝑑 + 𝛽9 𝑇𝑐𝑜𝑛𝑑 𝑇𝑒𝑣𝑎𝑝 + 𝛽10 𝑇𝑐𝑜𝑛𝑑
Eq. (2)
Where, 𝑇𝑐𝑜𝑛𝑑 and 𝑇𝑒𝑣𝑎𝑝 are the discharge and suction saturation temperature of the compressor.
Discharge temperature is estimated based on the difference between actual and isentropic work.
Actual suction state is considered here to correct the compressor map mass flow prediction by using
Dabri and Rice (1981) method.
𝑚̇𝑎𝑐𝑡𝑢𝑎𝑙 = [1 + 𝐹𝑚𝑎𝑠𝑠 (

𝑣𝐴𝑅𝐼−𝑚𝑎𝑝
𝑣𝑎𝑐𝑡𝑢𝑎𝑙

Where empirical correction factor 𝐹𝑚𝑎𝑠𝑠 = 0.75 .

− 1)] 𝑚𝑟𝑒𝑓,𝐴𝑅𝐼−𝑚𝑎𝑝
𝑉𝐴𝑅𝐼−𝑚𝑎𝑝
𝑉𝑎𝑐𝑡𝑢𝑎𝑙

Eq. (3)

is the ratio of specific volume at

compressor map to the specific volume at actual superheat. Discharge temperature is estimated
based on the difference between actual and isentropic work.
2.1.2 Heat Exchanger models
The HPWH system model uses the finite element by using a segment-to-segment method similar to
Li and Hrnjak (2016), the single tube is divided into finite elements. Each tube element has refrigerant
side and other side entering flow states, and phase changes are considered, therefore, the
Effectiveness-Number of Transfer Unit (-NTU) method is used for heat transfer calculations
between the refrigerant and air (water) side within each element.
Heat exchanger effectiveness  is shown in Eq. (4) as a dimensionless ranging between 0 and 1.
𝑞

𝐴𝑐𝑡𝑢𝑎𝑙 ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟

𝜀 = 𝑇ℎ𝑒𝑜𝑟𝑒𝑡𝑖𝑐𝑎𝑙 𝑚𝑎𝑥𝑖𝑚𝑢𝑚 ℎ𝑒𝑎𝑡 𝑡𝑟𝑎𝑛𝑠𝑓𝑒𝑟 = 𝑞 𝑎𝑐𝑡
𝑚𝑎𝑥

Eq. (4)

Where 𝑞𝑚𝑎𝑥 is the maximum possible heat transfer for the heat exchanger, as shown in Eq. (5) and
Eq. (6).
𝑞𝑚𝑎𝑥 = 𝐶𝑚𝑖𝑛 (𝑇ℎ,𝑖 − 𝑇𝑐,𝑖 )
Eq. (5)
𝑞𝑎𝑐𝑡 = 𝜀 𝐶𝑚𝑖𝑛 (𝑇ℎ,𝑖 − 𝑇𝑐,𝑖 )
Eq. (6)
The number of transfer unit (NTU) is used to represent the sensible heat transfer in heat exchanger.
𝑈𝐴

Eq. (7)

𝑁𝑇𝑈 = 𝐶
𝑚𝑖𝑛

Where 𝐶𝑚𝑖𝑛 is the minimum thermal capacity (the maximum temperature difference), 𝑈𝐴 is the
overall heat transfer coefficient which can be obtained by
1
𝑈𝐴

=ℎ

1
ℎ𝑜𝑡 𝐴ℎ𝑜𝑡

+ 𝑘𝐴

𝛿

ℎ𝑜𝑡/𝑐𝑜𝑙𝑑

+ℎ

1
𝑐𝑜𝑙𝑑 𝐴𝑐𝑜𝑙𝑑

Eq. (8)

The effectiveness of the cross-flow heat exchanger of the HPWH system can be obtained and
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validated by using Navarro and Cabezas-Gomez (2007) method shown in Eq. (9):
𝐶

𝐶

𝜀 = 1 − exp{( 𝐶𝑚𝑎𝑥) ∙ 𝑁𝑇𝑈 0.22 ∙ [exp (−(𝐶 𝑚𝑖𝑛 ) ∙ 𝑁𝑇𝑈 0.78 ) − 1]}
𝑚𝑎𝑥

𝑚𝑖𝑛

Eq. (9)

2.1.3 Evaporator
The fin-and-tube evaporator is used in the Heat Pump Water Heater System. The effect of fin needs
to be taken into consideration, therefore equation can be modified to Eq. (10):
1

=η
𝑈𝐴

1
𝑓𝑖𝑛 ℎℎ𝑜𝑡 𝐴ℎ𝑜𝑡

𝛿

+ 𝑘𝐴

ℎ𝑜𝑡/𝑐𝑜𝑙𝑑

+ℎ

1

Eq. (10)

𝑐𝑜𝑙𝑑 𝐴𝑐𝑜𝑙𝑑

Where η𝑓𝑖𝑛 is the surface efficiency of the evaporator fins.
Air-side heat transfer coefficient ℎ𝑎𝑖𝑟 is obtained by using correlations from Wang et al. (2001)
Equation presents the Coburn j-factor for a slit evaporator fin design as shown in Eq. (11):
𝐹𝑝

𝑗

𝑗2

𝐹𝑝

𝑗3

𝐹𝑝

−0.93

j = 0.086 ∙ 𝑅𝑒𝐷1𝐶 (𝐷 ) (𝐷 ) ( 𝑃 )
𝑁𝑗4
Eq. (11)
𝑡
𝐶
ℎ
Therefore, Eq. (12) presents the air side heat transfer coefficient
ℎ𝑎𝑖𝑟 = 𝑗 ∙ 𝐺𝑎𝑖𝑟 ∙ 𝑐𝑝,𝑎𝑖𝑟 ∙ 𝑃𝑟 −0.667
Eq. (12)
𝑎𝑖𝑟
On the refrigerant side, to calculate the single-phase heat transfer coefficient, the correlation
proposed by Gnielinski is used for turbulent flow heat transfer through circular tubes, which the
effects of tube wall roughness can be taken into consideration, as shown in Eq. (13) and (14):
𝑁𝑢 ∙𝐷

ℎ𝑟𝑒𝑓 = 𝑘 𝐷
𝑟𝑒𝑓
𝑁𝑢𝐷 =

Eq. (13)

(𝑓⁄8)(𝑅𝑒𝐷 −1000)𝑃𝑟
⁄
1⁄2
1+12.7(𝑓⁄8) (𝑃𝑟2 3 −1)

Eq. (14)

Where f denotes the Darcy friction factor, which can be obtained from Moody chart or for smooth
tubes from Cooper correlation shown in Eq(15):
𝑓 = (0.790 𝑙𝑛𝑅𝑒𝐷 − 1.64)−2
Eq. (15)
For the two-phase heat transfer coefficient, Wattelet et al. (1994) proposed the asymptotic model
shown in Eq. (16) considering two components that make up the two-phase heat transfer coefficient
ℎ𝑡𝑝 : nucleate boiling ℎ𝑛𝑏 and convective boiling ℎ𝑐𝑏 .
𝑛
𝑛 1 ⁄𝑛
ℎ𝑡𝑝 = [ℎ𝑛𝑏
+ ℎ𝑐𝑏
]
Eq. (16)
Where exponent n is considered to be 2.5. Nucleate boiling ℎ𝑛𝑏 and convective boiling ℎ𝑐𝑏 are
calculated by
0.12
ℎ𝑛𝑏 = 55𝑞′′0.67 𝑊𝑚 −0.5 𝑃𝑟𝑟𝑒𝑓
[− log10 𝑃𝑟𝑟𝑒𝑓 ]−0.55
−0.83
ℎ𝑐𝑏 = (1 + 1.925𝑋𝑡𝑡
)(0.023

𝑘𝑟𝑒𝑓,𝑙𝑖𝑞
𝐷

0.8
0.4
𝑅𝑒𝑙𝑖𝑞
𝑃𝑟𝑙𝑖𝑞
)𝑅

Eq. (17)
Eq. (18)

Where q′′ is the heat flux, 𝑊𝑚 is refrigerant mole weight, 𝑃𝑟𝑟𝑒𝑓 is reduced pressure.
The single-phase pressure drop is obtained by using the correlation of Churchill et. al (1977) friction
factor:
𝑓𝑐 = ([2.475(

1

)]
7 0.9 0.27𝜀
(𝑅𝑒) + 𝐷

16

37530 16
+ ( 𝑅𝑒 ) )

−1/8

8

+ 𝑅𝑒

Eq. (19)

The two-phase pressure drop in a horizontal tube can be divided into two parts: Frictional pressure
drop ∆𝑃𝑓 and acceleration pressure drop ∆𝑃𝑎 .To calculate the acceleration pressure drop ∆𝑃𝑎 , the
following momentum balance shown in Eq. (20) can be applied:

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4391

𝑥2

(1−𝑥 )2

𝑥2

(1−𝑥 )2

𝑜
𝑖
2 {[ 𝑜
]−[ 𝑖 +
∆𝑃𝑎 = 𝐺𝑟𝑒𝑓
+
]}
𝜌𝑣𝛼𝑜
𝜌𝑣 𝛼𝑖
𝜌𝑙 (1−𝛼𝑜 )2
𝜌𝑙 (1−𝛼𝑖 )2

Eq. (20)

Where 𝛼𝑖 and 𝛼𝑜 are the void fraction for the inlet and outlet. This void fraction shown in Eq. (21)
is calculated by using the correlation from Rouhani and Axelsson (1970):
𝑥
𝑥
1−𝑥
1.18 𝜎𝑟𝑒𝑓 𝑔(𝜌𝑙−𝜌𝑣) 0.25
α = 𝜌 {[1 + 0.2(1 − x)] [𝜌 + 𝜌 ] + 𝐺 [
] }
𝜌2𝑙
𝑟𝑒𝑓
𝑣
𝑣
𝑙

−1

Eq. (21)

To calculate the frictional pressure drop for the two-phase refrigerant flow, a correlation proposed by
Muller et al. (1986) can be used based on the flow quality, which is shown in Eq. (22)
𝜕𝑃

𝐺2𝑟𝑒𝑓

Eq. (22)

( 𝜕𝑧 )𝑔 = 𝑓𝑔 2𝜌 𝐷
𝑔 ℎ
The frictional gradient of total refrigerant liquid flow can be obtained by Eq. (23):
𝜕𝑃

𝜕𝑃

( 𝜕𝑧 )𝑙𝑜 = 𝐺𝑟𝑒𝑓 (1 − 𝑥)1⁄3 + ( 𝜕𝑧 )𝑔 𝑥 3

Eq. (23)

2.1.4 Condenser model
This HPWH unit contains a wrapped around coil condenser. Two parallel circuits of tube coils are
wrapped around the water tank wall. Each circuit contains 16 coils and the refrigerant flow inside the
coils is going upward. In order to simplify the modelling process, it is assumed that the two condenser
circuits split the refrigerant entering the condenser and there is no maldistribution, so the two circuits
have identical states of refrigerant. Therefore, in the model, these two circuits are simplified as one
circuit which contains doubled contact area with tank wall as well as doubled cross-sectional area.
Fig. 1 shows that the condenser contains N
coils in the Finite Volume Method, and to
simplify the model, each coil is wrapped
around the tank horizontally without any
slopes. Furthermore, in order to realize
interaction between the tank and coil, the
model uses a segment-to-segment method
that each coil has been divided into M
Fig. 1: Adaptation of coils windings in modelling
elements, as it shown in Fig. 1. Since each
and discretization of each coil into elements
coil has been discretized into M elements,
Fig. 2 shows the simulation of each
element. Heat transfer and pressure drop
can be calculated along refrigerant upward
flow. Each single coil segment has its own
corresponding segment of tank wall and
water segment, these three segments
compose area for refrigerant side heat
transfer, thermal resistance from tube to
tank wall thickness, and natural convection
Fig. 2: Single element of condenser
heat transfer between water element and
tank wall.
Fig. 3 shows model reduction of refrigerant
coils and tank wall. They are simplified to
fins and the arrow indicates the heat
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transfer direction. This heat transfer is
driven by the temperature difference
between the refrigerant segment and water
element corresponding to that refrigerant
segment. On refrigerant side, same
correlations used in evaporator are chosen
to calculate the single-phase heat transfer
and pressure drop in the condenser.
For the two-phase heat transfer correlation, Fig. 3: Simplification of element level modelling and
description of heat path
Xiao and Hrnjak (2017)’s model is applied.
In their model, superficial quality for void fraction is introduced to account for non-equilibrium effects
of tube condensation.
On the water side, the heat transfer coefficient is calculated by using the heat transfer correlation
based on the external laminar flow through a flat plate.
Nu = 0.664𝑅𝑒 1⁄2 𝑃𝑟 1⁄3
Eq. (24)
where the characteristic length is the thickness of the upward flow layer which will be discussed later.
2.2 Water Side CFD Model
The temperature and velocity profiles in the water tank are simulated by using the CFD model in
ANSYS Fluent. This CFD model is designed as a Two-Dimensional axisymmetric domain that
simulates heating process of the water tank, as it shown in Fig. 8.6. One axisymmetric boundary
represents centerline of water tank, and the other three boundaries corresponds to the tank walls
including the top, bottom and side wall.
Due to the buoyancy effect, the water nearby the tank wall flows in an upward direction and is heated
by the tank wall conduction.
An “upward flow layer” is then defined to
account for the upward flow velocity
component in the nearby wall area and is
set to be 1 cm, as it shown in Fig. 4.
54280 cells are used in the CFD
quadrangular mesh to better obtain the
thermal and momentum profiles between
the water side and tank wall.
As it shown in Fig. 5, each line segment
represents one of 16 condenser coils, the
length of each segment equivalents to the
coil pitch. Heat flux is assumed to be
uniform on each segment’s surface and it
Fig. 4: Zoom in the
Fig. 5: Geometry and mesh of
is specified by the User Defined Function
near-wall area
the water tank CFD model
file that obtained from the quasi steady
state vapor compression system model.
It is assumed that the density of the tank water has a linear relation with the temperature, and the
buoyancy driven flow is set to be laminar flow. Based on the assumptions that made before,
governing equations are solved by using Finite Volume Method and pressure based solver. SIMPLE
(semi-implicit method for pressure-linked equations) scheme has been applied to pressure-velocity
coupling, Green-Gauss Node Based has been chosen as the gradient, and Second Order scheme
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is used for the pressure accuracy. To improve the accuracy, Second Order Upwind has been applied
for momentum and energy. The convergence standard has been taken as 1e-06 for the pressure
residual, and for the continuity residual, 1e-3 has been selected.
2.3 EES-CFD Linked model
The CFD model outputs the near-wall water temperature and velocity of each segment coil to the
EES system model for heat transfer calculation. The EES system model outputs the heat flux profile
as a boundary condition of coil segments in the CFD model. Therefore, the EES system model and
CFD tank model exchange the information via the tank wall. By iterating the data between EES
system model and CFD model, the system performance solutions from two models can be matched.
First, the iteration begins with a guessed value of coil segment heat flux. With the heat flux profile in
UDF, the CFD model simulates the first heating-up process. After that, CFD model outputs the nearwall water temperature and velocity profiles to the EES system model, then, the system model
generates a new heat flux profile for CFD model for next simulation. This linked model runs iteratively
and exchanges the profile internally until the heat flux becomes stable (change within 1% variation).
3. RESULTS
The temperature contours and velocity
trajectories at 60, 120 and 180 min are given in
Figs. 6 and 7. Combining the two Fig.s, it can be
observed that the upward flow is restricted in a
thin layer that near the tank wall. The water flows
upward while the outside water flows downward,
the water temperature in that layer is also higher
than the outside water temperature. From the
three charts in Fig 7, it is shown that the flow
patterns at different time point remain relatively
similar, only velocity magnitude changes slightly
with time. However, for the three charts in Fig. 8,
there is a significant difference among
temperature contours at different time. The
thermal stratification is getting intensive and
obvious with time that a thicker thermocline is
achieved with longer heating time. The
temperature difference between tank top and
bottom is over 20 ℃ at 180 mins that
Boussinesq approximation may not be
applicable to that high temperature difference.
For a better insight of the interaction between
the vapor compression system and the water
tank, Figs 8 and 9 plot the average temperature
and velocity profile at each corresponding coil
segment in the upward flow layer, at several
heating-up times. It is proved that stratification
becomes more intensive as the heating time

Fig. 6: Temperatures at t = 60, 120, and t= 180
min

Fig. 7: Velocities at t = 60, 120 and t= 180 min
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goes longer. Furthermore, the temperature in
the upward flow layer is 0.5 ℃ - 2.5℃ higher
than the tank centerline temperature. From Fig.
9, the velocity profiles at different time have quite
similar trend, this coincides well with the velocity
trajectories that the water flow in the tank is
stable during the heating up process.
Near-wall velocities at different heating time
show similar trends and increase with the coil
height. The velocity decreases with time at first
three coils from bottom, and increases with time
at upper coil level.
The linked model is able to capture the thermal
behavior of the water in the tank. As it has been
described, three series of thermocouples are
placed at three different location inside the tank
to record temperature change during heatingup.
Therefore,
temperatures
at
each
corresponding thermocouple location are
obtained from CFD model to validate
experimental temperature profiles.

Fig. 8: Temperatures in the upward flow layer is
0.5℃ - 2.5℃ higher than the tank centerline
temp.

Fig. 9: Velocity decreases with time at lower
coil level and increases with time at upper coil
level
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The average temperature of the tank is
compared with the vertical thermocouple
series, and two horizontal series with the
average temperature at the corresponding
heights in the tank model. The comparison
between the CFD model and experimental
data is shown in Fig. 10. It indicates that
predicted water temperatures match the
experimental within a deviation of 2℃.
The model validation of the capacities of
condenser and evaporator, the compressor
work and COP is given in Fig. 11. The system
model predictions coincide well with the
experimental data. The prediction of COP
matches the experimental COP well that the
deviation is within 4.5% while the average
deviation is 1.0%. The average deviation of
condenser capacity and compressor work is
0.79%. However, deviation of the evaporator
capacity is 12.5%, and this might due to some
imperfections in manufacturing which are not
considered in the system model.
Fig. 12 presents the comparison between the
measured and predicted results of the
refrigerant flow pressure drop in the condenser
and evaporator. It shows that the model can
properly predict the condenser pressure drop
within ± 10% deviation. However, the model
underestimates the refrigerant pressure drop
on evaporator, the predicted results are much
smaller than experimental data.
This
additional pressure drop may due to the brazed
joints at the end of each horizontal tubes.
Fig.
13
gives
comparison
between
experimental data and measurements of the
refrigerant at the inlet and outlet of the
evaporator and condenser. It shows that the
prediction
deviations
of
refrigerant
temperatures at the inlet and outlet of the
evaporator are within 0.5℃. For the condenser,
the prediction deviation is within 2 ℃ and it
could be found that most of the predictions are
within 0.5℃.

Fig. 10: Predicted water temperatures match the
experimental data, deviations are within 2℃.

Fig 11: The model match well with experimental
data.

Fig. 12: Model predicts refrigerant pressure drop
in condenser within 10%, but underestimates
evap.
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It could also be explained by the U-bend effect on the flow regime. In the model the friction factor
is determined with the pressure drop in the U-bend region being neglected. Besides, the
imperfectness in manufacturing would also cause the pressure drop, which is not considered in
modelling.

Fig. 13: Model predicts refrigerant temp. at the inlet and outlet of the evap. and cond. within 0.5℃
and 2℃.

CONCLUSION
A linked EES-CFD model has been developed to simulate the transient warm-up period of a Heat
Pump Water Heater. The CFD model describes the heat transfer and fluid dynamics on the water
side, while EES system model describes the vapor compression cycle. The model is found to be in
good agreement with experimental results conducted in the same heat-up, and it is capable of
predicting the temperature distribution of the vapor compression system and transient behavior of
the thermal storage tank. The deviations of the refrigerant temperatures in two heat exchangers and
water temperature in the storage tank are within 2℃, and the model predicts the system power and
capacities within the average deviation of 4.1%. The predicted pressure drop in condenser is within
10% deviation, however, the model underestimates the pressure drop in evaporator due to the local
pressure loss due to defects from manufacturing which is not counted in the system model.
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ABSTRACT
Using alkali activated carbon fiber and powder with a large specific area of around 3000 m2 g-1 as
starting material, we prepared a molded adsorbent with a small amount of polytetrafluoroethylene
(PTFE) binder for adsorption cooling by a mechanical compression at ordinary temperature. PTFE
nanofibers played an important role in the retention of the shape of the molded adsorbent. Adsorption
equilibria of methanol vapor on the prepared high-density activated carbons (HDACs) were found to
be expressed by the Dubinin-Astakhov equation. Experimental results showed that the denser HDAC
rapidly adsorbed methanol vapor, and heat of adsorption was earlier removed. The temporal
changes in the methanol uptake and the temperature of HDACs could be estimated through
numerical analysis based on a one-dimensional heat and mass transfer model. Therefore, the
prepared compression-molded activated carbon would be a promising material for adsorption
cooling, and the established calculation model would aid the design of molded adsorbents.
Keywords: Adsorption cooling, Activated carbon, Compression-molded adsorbent, Methanol vapor,
Heat and mass transfer

1. INTRODUCTION
Adsorption heat pumps and chillers are high energy-saving heat transformers driven by lowtemperature waste heat and/or solar energy. Adsorption chillers using silica gel/water or zeolite/water
pairs have been in practical use, and a downsizing and performance improvement of adsorption
chiller is needed to extend a further spread of them. The cooling performance of adsorption chiller is
affected by some factors such as nature of adsorbent/refrigerant pair, heat and mass transfer in an
adsorbent heat exchanger, the temperatures of heat sources, and the adsorption-desorption cycle
operation. The selection of adsorbent material is of particular importance for a high-performance
adsorption chiller. Recently, new materials such as aluminophosphates, metal-organic frameworks
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and porous material-metal salt composites have been examined for their applicability to adsorption
cooling (Henninger et al., 2017; Ma L. et al., 2016; Simooka et al., 2007; Suwa et al., 2016).
Activated carbon is one of the potential adsorbent candidates for adsorption chillers because they
have a large adsorption capacity of refrigerant vapors such as ammonia and lower alcohols. The
authors prepared a molded adsorbent with high apparent density using activated carbon fiber (ACF)
having a quite large surface area exceeding 3000 m2 g-1 as a starting material, aimed to increase
the cold output per unit volume of adsorption chillers in the previous study (Kumita et al., 2018). This
high-density activated carbon fiber (HDACF) could be obtained through a simple dry preparation
process consisting of kneading a mixture of ACF and a low dose of polytetrafluoroethylene (PTFE),
and mechanically compressing the kneaded mixture at ordinary temperature. In the present study,
we attempted to prepare compression-molded adsorbent using activated carbon fiber and activated
carbon powder (ACP) in order to further increase its apparent density. The molded activated carbons
with different densities were examined for their adsorption capacities and adsorption rates of
methanol vapor, both experimentally and theoretically.

2. EXPERIMENTAL
2.1. Preparation of molded activated carbon adsorbent
We used alkali activated carbon fiber and powder (Kansai Coke and Chemicals Co., Ltd.) as a
starting material for production of molded adsorbent (Fig. 1). The mean fiber diameter of ACF was
18 µm and the mean particle diameter of ACP was 84 µm. The BET specific surface areas and pore
volumes were 3346 m2 g-1 and 1.81 cm3 g-1 for ACF, and 2973 m2 g-1 and 1.57 cm3 g-1 for ACP,
respectively.

Figure 1: SEM images of activated carbon fiber and powder
First, the ACF and ACP were placed in a mortar at a given mass ratio, and then PTFE powder (Du
Pont-Mitsui Fluorochemicals Co., Ltd.) was added to this mixture at the ratio of 5 wt%. The PTFE
powder with a mean particle diameter of 470 µm will easy fibrillated by being subjected to an external
shear force. The mixture of ACF, ACP and PTFE was kneaded at 100 rpm for 20 min. Subsequently
the kneaded mixture was charged in a cylindrical steel mold 10 mm i.d. in diameter and then
compressed at a given load using an oil hydraulic press. A coin-shaped activated carbon compact
(HDAC: high-density activated carbon) was obtained through this procedure. The apparent density
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of the HDAC was determined from its weight and dimensions after drying at 100°C for 12 h.
2.2. Methanol vapor adsorption
A schematic diagram of an experimental apparatus for methanol vapor adsorption on the HDACs is
shown in Fig. 2. The apparatus was composed of an evaporator, a vapor reservoir and an adsorption
chamber, which were connected through valves. The HDAC was placed on a stainless-steel flat wall
maintained constantly at 30°C in the adsorption chamber. K-thermocouples were attached on both
the upper and lower surfaces of the HDAC. After the vapor pressure of methanol was set at a given
value in the reservoir, the adsorption experiment started by introducing the methanol vapor into the
adsorption chamber. During the experiment, the vapor pressure in the chamber and temperatures of
the HDAC were continuously monitored until the system reached a condition of adsorption
equilibrium. The methanol uptake by the HDAC was determined from the change in vapor pressure.
Vacuum pump

Pressure gauge

Vapor
reservoir

Valve
Evaporator

P

Data
logger

Methanol
Sample
Adsorption
chamber
Sample
holder

Thermostat bath

Thermocouple
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Figure 2: Schematic diagram of experimental apparatus

3. THEORETICAL ANALYSIS
In order to evaluate the HDAC/methanol pair for its transient adsorption behaviors, a numerical
analysis was carried out based on a one-dimensional heat and mass transfer model for the
adsorption pair. The governing equations (Kariya et al., 2006; Kumita et al., 2018) were shown as
follows:
Heat and mass transfer equations
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The velocity of methanol vapor, ug was determined from the Darcy’s equation and Blake-Kozeny
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Adsorption rate equation (Linear driving force model)
q
 D  q*  q 
t

Eq. (4)

q* is the equilibrium amount of methanol adsorption, which is given by the Dubinin-Astakhov (D-A)
equation,

  RT  P s  n 
q  qmax exp   
ln    
  E  P   


*

Eq. (5)

In this study, the temporal changes in the amount of methanol adsorption and temperature of the
HDAC for adsorption process in the relative pressure range from 0.12 to 0.25 were calculated
numerically using a finite difference method.

4. RESULTS AND DISCUSSION
4.1. High-density activated carbon

Fig. 3 shows an SEM image of the cross-section of HDAC with a mixing ratio, mACP  mACP  mACF 
of 0.5. The ACF and ACP are obviously entangled in PTFE nanofibers as shown in this image, so
that the PTFE fibers play an important role in the retention of the shape of HDAC.

Apparent density, ρa [kg/m3]
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Figure 3: SEM image of HDAC
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Figure 4: Relationship between apparent
densities of HDACs and mixing ratio

Fig. 4 represents the relationship between the apparent density of HDAC, ρa and the mixing ratio.
The apparent density of HDAC varies with the mixing ratio. The value of ρa reaches a maximum of
363 kg m-3 at the ratio of 0.1 and decreases with increase in the mixing ratio. We confirmed that
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unfortunately it is hard to produce the coin-shaped HDACs at mixing ratios below 0.7 because of
poor fibrillation of the PTFE powder. These results indicate that a certain amount of ACF is required
for adequate fibrillation of the PTFE powder in the kneading process.
4.2. Adsorption capacity of methanol vapor on HDAC
Two HDACs having apparent densities of 311 and 345 kg m−3 and approximately the same thickness
were evaluated volumetrically for their adsorption capacities of methanol vapor at 30°C. Fig. 5 shows
the methanol vapor adsorption isotherms on the HDACs. The vertical axis is the equilibrium amount
of methanol adsorption per unit apparent volume of the HDAC, q*, and the horizontal axis is the
relative pressure, , which is defined as the ratio of the equilibrium vapor pressure to the saturated
vapor pressure at 30°C. The amount of methanol vapor adsorbed on the HDAC increases with
increasing the relative pressure, and its value becomes larger for the denser HDAC. The adsorption
equilibrium obtained experimentally can be expressed by the D-A equation as shown in this figure.
The maximum amount adsorbed, qmax, activation energy, E, and Dubinin-Astakhov constant, n is 487
kg m-3, 1.57 kJ mol-1, and 1.59 for 311-kg m-3 HDAC, and 484 kg m-3, 1.47 kJ mol-1, and 1.66 for 345kg m-3 HDAC respectively, which were determined on the basis of the experimental data.

Amount of adsorbed, q* [kg-MeOH/m 3-HDAC]
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Figure 5: Adsorption isotherms of methanol vapor on HDACs
with different apparent densities at 30°C
4.3. Transient behaviors of methanol adsorption
In the relative pressure range from 0.12 to 0.25, methanol vapor adsorption on 311- and 345-kg m-3
HDACs were conducted both experimentally and theoretically. Fig. 6 shows the comparison between
the experimental and calculated results of the temporal changes in the amount of methanol
adsorption and the upper-surface temperature of the HDAC during the adsorption process. The
amount adsorbed is represented as the normalized value,

 q  q1   q2  q1  , where q1 and q2 are
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the equilibrium amounts of methanol adsorption at 1 = 0.12 and 2 = 0.25. In the numerical
calculation, the adsorption rate constant, D and the contact heat transfer coefficient, hc at the
interface between the bottom surface of the HDAC and the heat-exchange wall were determined by
comparing the experimental and calculated results. The effective thermal conductivities: λe = 0.179
W m-1 K-1 for 311-kg m-3 HDAC and 0.229 W m-1 K-1 for 345-kg m-3 HDAC were estimated based on
the measured values by a steady-state method (Kumita et al., 2018; Kuwata et al., 2015).
As shown in Fig. 5, the amount of methanol adsorption on HDAC increases rapidly after the onset
of the adsorption process and then gradually reaches the equilibrium value. According to the
experimental results, the two HDACs shows of similar adsorption rate. The calculated results are in
general agreement with the experimental ones, but the adsorption rate calculated for 345-kg m-3
HDAC is slightly faster than that for 311-kg m-3 HDAC. On the other hand, the upper-surface
temperature of the HDAC immediately increases and reached a maximum due to the evolution of
heat of adsorption after the introduction of methanol vapor. Then, it gradually decreases to the heatexchange wall temperature of 30°C. The effective thermal conductivity of adsorbent layer makes a
direct impact on the heat transfer in the layer. Therefore, the removal of heat of adsorption for 345kg m-3 HDAC would proceed smoothly due to a large thermal conductivity, compared with 311-kg m-3
HDAC. The experimental data of the temperature variations are also reproduced generally by the
numerical calculation. These results indicate that the calculation model could approximately predict
the transient behaviors of the adsorption of methanol vapor and the heat transfer in the activated
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Figure 6: Temporal changes in amount of methanol adsorption and upper-surface
temperature for 311- kg/m3 and 345-kg/m3 HDACs
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5. CONCLUSIONS
Compression-molded adsorbents consisting of activated carbon fiber and powder could be prepared
by the addition of a small amount of PTFE. The PTFE powder fully fibrillated in the kneading process,
thereby causing it to serve as a binder of the molded activated carbon, and the presence of a certain
amount of ACF in the starting material brought about the promotion of fibrillation of the PTFE powder.
The adsorption equilibrium of methanol vapor onto the molded adsorbent consisting of ACF and ACP
could be expressed by the Dubinin-Astakhov equation. Experimental results showed that the
removal rate of heat of adsorption for the denser molded activated carbon became faster. The
temporal changes in the amount adsorbed and the temperature of HDACs could be estimated
generally by the numerical calculation on the basis of a one-dimensional heat and mass transfer
model.
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NOMENCLATURE
cp

isobaric specific heat (J kg-1 K-1))

t

time (s)

D

rate constant of adsorption (s−1)

T

temperature (K)

Df

mean diameter of ACF (m)

u

velocity (m s-1)

Dp

mean particle diameter of ACP (m)

x

distance from upper surface of HDAC

E

activation energy (J mol )

hc

contact heat transfer coefficient

Greek symbols

(W m K )

ε

void fraction (-)



relative vapor pressure (-)

λe

effective thermal conductivity of HDAC

in thickness direction (m)

-1

-2

-1

ΔHad heat of adsorption (J kg-1)
K

permeability (-)

L

thickness of HDAC (m)

n

constant in Dubinin–Astakhov equation

μ

viscosity (Pa s)

(-)

ρ

density (kg m-3)

P

vapor pressure (Pa)

ρa

apparent density of HDAC (kg m-3)

Ps

saturated vapor pressure (Pa)

Subscripts

q

amount adsorbed (kg kg )

g

gas phase (methanol vapor)

s

solid phase (ACF)

*

equilibrium

(W m-1 K-1)

-1

qmax maximum amount adsorbed (kg kg-1)
R

gas constant (J mol K )
-1

-1
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ABSTRACT
Ground water heat pump systems (GWHP) provide better coefficient of performance (COP)
because it makes use of ground water whose temperature is lower and higher than the
atmosphere during summer and winter respectively. The present research focusses on
determining optimum levels of operating and design parameters of an 8-ton GWHP for space
heating and cooling mode operations assuming different combination of cooling and heating
periods. Six variables at three levels are considered for optimization using Taguchi method and
utility concept. An L27 orthogonal array has been used to obtain the levels of variables for 27 trial
runs for space cooling and heating modes of operations. The effectiveness of plate heat
exchanger is found to be the most influencing variable on COP followed by the ground water
temperature. The COP increases with increase in the priority of mode of operation with 4.6 and
3.8 COP for cooling and heating modes respectively.
Keywords: Ground Water Heat Pump, Heating and Cooling Mode, Plate Heat Exchanger, COP,
Taguchi, Utility Concept, Optimization, Weighing Factor.

1. INTRODUCTION
Ground water heat pump systems (GWHP), ground source heat pump (GSHP) systems and solar
assisted ground source heat pump systems (Soni et al., 2015; ASHRA, 2011; Ozyurt et al., 2011;
Wang et al., 2013; Cakir et al., 2013) to the conventional systems because they interact with the
constant heat source/sink, that is ground instead of atmosphere which is subjected to diurnal
variation. The GWHP also known as open loop GSHP systems make use of ground water as heat
sink/source and hence the heat interaction with the heat transfer fluid in the heat pump is achieved
effectively though a plate heat exchanger (PHE). Choi et al. (2006) proposed an optimum
operation method for open loop ground heat exchangers (GHX) considering the subsurface
temperature gradient. A series of thermal response tests and artificial heating/cooling operations
were carried out along with monitoring temperatures in the standing column well (SCW). It was
found out that the temperature distribution with depth is opposite to the natural underground
condition. Kim et al. (2015) presented a research work in which the head and power of
submersible pumps, heat pump units, piping, and heat exchangers are expressed as polynomial
equations, and these equations are solved numerically to determine the system performance.
Their results showed that system performance dropped as the water level in the bore well
dropped, and the lowest flow rates generally achieve the highest system performance. The
system COPs were almost unchanged or gradually changed in the low flow rate region with
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increase in flow rate. However, in the higher flow rate region, the system heating and cooling
COPs decreased rapidly as the flow rate increased. The heating COPs increased with warmer
ground water temperatures, similarly, the system cooling COPs increased with cold groundwater
temperatures. Increasing the UA value of the heat exchanger universally improved the system
heating and cooling COPs. Rode et al. (2015) conducted a numerical parameter study of
combined extraction- injection one-well systems. Numerical models of ground water flow and heat
transport were carried out to check the influence of various hydro-geological and technical
parameters. They concluded that the efficiency or feasibility of combined extraction injection onewell systems are strongly dependent on pumping rates and possible distance of the well screens.
Wang et al. (2012) proposed two new design options that can improve open loop surface water
heat pump system (SWHP) efficiency. A numerical model pertaining to a SWHP system was
presented and parameters such as fluid intake temperature and energy saving rate of heat pump
system were analyzed and compared with experimental measurements. When the cooling water
temperature difference were 5°C and 10°C, they estimated 8.72% and 7.34% of theoretical
energy saving rate respectively. There are very limited number of literature available on the
optimization and thermal design of ground water heat pump systems and hence the present
research focuses on the methodology of thermal design of GWHP (Ground Water Heat Pump)
system and optimization of the design and operating parameters using Taguchi method. The utility
concept is employed in order to predict the optimum conditions for varying periods of cooling
heating mode operations.

2. THERMAL DESIGN OF GWHP SYSTEM
Fig. 1 shows the schematic diagram of the GWHP system for space cooling mode and heating is
provided in the room using the reversing valve during the space heating mode operation. In the
case of space cooling application the heat is removed from the room and it is rejected to the
ground through the continuous supply of water from the extraction well. The heat to be removed
from the room is given by:
𝑄" = 𝑄$ − 𝑊'()*
Eq. (1)
where QC is the heat to be removed from the room, QH is the heat to be rejected into the ground
using the ground water and plate heat exchanger and 𝑊'()* is work input to the heat pump in
kW. Similarly, the heat to be supplied to the room for space heating also can be computed. The
main objective of an efficient thermal design is to achieve maximum overall COP of the GWHP
system defined as:
𝐶𝑂𝑃(./0122 4546/) = 8

7

9:;< =8<>;< =8?9>

Eq. (2)

where 𝑊'()* is the work supplied to the heat pump, 𝑊*@)* is the pump work and 𝑊A'@ is fan coil
unit work. In the case of GWHP system the main heat interaction between the heat pump and the
ground water is achieved through a plate heat exchanger (PHE). For 28 kW cooling load capacity,
the PHE, the mass flow rate of refrigerant and other parameters are designed following the
standard procedure. In the PHE, the fluid flow pattern is much closer to counter flow stream
unlike in shell and tube heat exchangers. In the present research the governing equations
and the formulae used for designing of plate heat exchanger as discussed in Kakac and Liu
(2002) have been used. The details of the thermal design of GWHP is explained in Fig.2
through a computational flow chart.

3. TAGUCHI TECHNIQUE
Six parameters, extraction well water temperature, flow rate of ground water, flow rate of heat
transfer fluid (water) in chiller, heat transfer area in PHE, effectiveness of PHE and depth of well
have been considered as influencing parameters at three levels. Taguchi optimization forms the
matrix of experimental trial combinations by using standard orthogonal arrays. The parameter

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4408

combinations from the matrix is used to calculate the values of the objective function (i.e., system
COP) and signal to noise (S/N) ratios are used to calculate the contribution pattern of the control
parameters on the objective function. This technique provides maximum information from
minimum number of experiments and the best level of each parameter to achieve better objective
function value. The following relation is used to decide the minimum number of experiments to be
conducted:
Eq. (3)

𝑁C1D@'EF = 1 + 𝑁𝑉(𝐿 − 1)

where 𝑁C1D@'EF is the number of experimental trials required to be conducted, NV is the number
of variables or influencing parameters and L is the number of levels selected. In the present
research work, NV = 6 and L = 3. According to Eq. (3), 12 number of experiments have to be
conducted. However, e the standard orthogonal arrays (OA), L27 is selected for the experimental
trials to satisfy the condition of three-level arrays suggested by Ross [1988] and each
experimental trial is carried out according to the parameter combination given by the L27 array.
Signal/Noise ratios are calculated based on larger the better concept to achieve maximum value
for the COP of system.
For larger the better concept the signal to noise ratio [Ross, 1988]:
U

U

𝑆/𝑁(𝑑𝐵) = −10𝑙𝑜𝑔UV WX ∑XF\U 5 []

Eq. (4)

Z

where, 𝑦F is response value, ‘n’ is trial number and ‘i’ is number of repetitions in a trial.

4. UTILITY CONCEPT
From Taguchi method, two different sets of control parameters have been obtained to achieve
optimum COP of the system for space heating and cooling modes, now it is necessary to obtain
a single set of control parameters which works better for both space cooling and space heating
applications in GSHP system. This can be achieved by using utility concept. In optimization of
GSHP system utility concept computes the utility value of individual performance parameters to
a single performance index. The overall utility function (U) is given by:
Eq. (5)

𝑈(𝑅U , 𝑅b , . . 𝑅X ) = 𝑓(𝑈(𝑅U ), 𝑈(𝑅b ), . . 𝑈(𝑅X ))

where 𝑈(𝑅U , 𝑅b , . . 𝑅X ) is overall utility of n performance parameters. According to required
applications, performance parameters can be given weights. Different weighting factors are
assigned to each performance parameter. The general equation of weighting utility is:
𝑈(𝑅U , 𝑅b , . . 𝑅X ) = ∑XF\U 𝑊F 𝑈F (𝑅F )

Eq. (6)

where 𝑊F is the weight assigned to the performance parameters and the sum of all weights of all
parameters should be equal to 1. The following conditions have to be satisfied to assign weighting
factors for calculating COP of system:
∑XF\V 𝑊F = 𝑊'((2FXD + 𝑊E/16FXD = 1

Eq. (7)

where 𝑊'((2FXD , 𝑊E/16FXD are the weights assigned to the utility values calculated. In Asian
countries there is requirement of heating for only 3-4 months compared to cooling requirement of
7-9 months, so cooling is given more priority than heating. For cooling, 0.7 and for heating, 0.3
weighting factors are assigned and the overall utility is computed as:
𝑈 = ∑XF\V 𝑊F 𝑃F
Where:

Eq. (8)

5

5∗

Z

Z

𝑃F = 𝑃𝑟𝑒𝑓𝑒𝑟𝑒𝑛𝑐𝑒 𝑛𝑢𝑚𝑏𝑒𝑟 = 𝐴 × 𝑙𝑜𝑔 W5 nZ ] and 𝐴 = 9/𝑙𝑜𝑔 5Zn
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And ‘A’ is a chosen arbitrary constant, 𝑦F∗ is the optimum value of 𝑦F (i.e., COP in this work), 𝑦Fq is
minimum possible value of system COP.

5. RESULTS AND DISCUSSION
5.1. Thermal Performance of GWHP
Thermal performance calculations of the GWHP were computed assuming an 8 TR space cooling
capacity system. The details of the thermal performance calculations are demonstrated using the
flow chart shown in Fig. 2. The PHE acts as the intermediate heat exchanger between the heat
pump and the ground water source.
Room
FCU
7

8

Evaporator

1

Reversing
valve

2

4

Compressor
Expansion
valve

1

3
Condenser

2
6

5
PHE
9

Pump

10

Injection
well

Extraction
well

Figure 1: Schematic diagram of GWHP
system for cooling application.

(a)

Figure 2: Flow chart for thermal design.

(b)

Figure 3: Variation of effectiveness of PHE with ground water temperature and ground water
temperature difference for space (a) cooling and (b) heating.

Hence the effectiveness of PHE directly affects the performance of the system. Fig.3a shows the
variation of effectiveness as a function of ground. water temperature for different DTs during
cooling mode operation. For a given DT, with increase in ground water temperature the
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effectiveness increases because for a fixed DT of cold
(ground water), the denominator of
C9:water
st
temperature ratio that defines effectiveness (𝜀 = C vC9Z ), keeps decreasing. This trend is
uZ
repeated for all the DTs considered in this work. There
is9Za difference of about 0.2 at the lower
and upper ends of these curves. While performing these calculations a limit of 30°C is assumed
for Tho, that is the outlet temperature of chiller fluid coming from the PHE. Fig.3b depicts the
variation of effectiveness for space heating mode at different DTs. In this case there is a
continuous decrease
CuZ stin the effectiveness with increase in the ground water temperature because
in this case (𝜀 = C vCu: ), in which the chiller fluid is the cold fluid and ground water becomes the
uZ
9Z
hot fluid in the PHE.
For
a fixed DT of hot fluid, that is ground water temperature, increase in the
inlet of hot fluid increases the denominator of temperature ratio in the definition of effectiveness,
thus resulting in lower values of effectiveness. Hence in order to achieve an optimum overall COP
of the GWHP system, the PHE has to be designed so that it operates at an optimum effectiveness.
Fig. 4 shows the variation of COP with actual ground water temperature for both cooling and
heating modes of operations with solid line for cooling and dotted line for heating mode. It can be
noted that with increase in ground water temperature, the thermal potential of ground water to act
as a source of heat supply increases resulting in increased heating effect and hence the COP
increases. The opposite trend is observed for the case of cooling mode operation, because when
the ground water temperature increases its potential to act as a sink to absorb heat from the chiller
fluid through the PHE, decreases, resulting in decrease in the COP of the system and these trends
are correctly depicted in the above figure. It is interesting to note that at 25°C, both the lines cross
each other at a COP value of about 3.8, which is common for both cooling and heating modes of
operations. These characteristic curves help one to estimate the expected COP of the system
when the ground water temperature is known. The effect of mass flow rate of ground water on
COP is depicted in Fig.5 for both cooling and heating modes of operations with solid line for
cooling and dotted line for heating mode. As can be seen from this figure, the variation of COP
for both cooling and heating modes is not very significant, however, cooling mode is more
sensitive to change in mass flow rate of ground water compared to the heating mode. Here again
both the curves cross each other at a COP of about 3.9 for 1.5 kg×s-1 of flow rate.
5.2. Optimization of Thermal Performance of GWHP System
For the purpose of application of Taguchi and Utility concept a table with values of levels of

Figure 4: Variation of system COP with ground
water temperature for cooling and heating
mode.

Figure 5: Variation of system COP with ground
water flow rate for cooling and heating modes.
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Figure 6: Utility Signal to noise ratio (S/N) for COP of system.

different parameters of the L27 orthogonal array (OA) has been prepared. Each set of values of
parameters represent the data that to be fixed for the respective experimental trial run. A program
in FORTRAN has been developed to compute the signal to noise ratio, S/N and other parameters
of the ANOVA (Analysis of variance) for each trial run while computing the COP of the overall
system for both cooling and heating mode of operations. From the plots of S/N for all the six
parameters for cooling/heating modes, the levels of each parameter corresponding to the larger
the better concept are selected for both cooling and heating mode operations. Now two set of
these six variables are available for cooling and heating mode separately. However, as the same
system will be used for both space cooling and heating mode operations, it is essential to
determine single set of parameters that will provide maximum COP during both cooling as well
as heating mode operations. For this purpose, utility concept has been implemented which
requires the weighting function. Fig.6 shows the S/N plots for all the six parameters considered

Figure 7: Variation of system COP with weighting factors for cooling and heating modes.

for the utility concept. A horizontal line in these plots indicates that particular parameter does not
have any influence on the performance of the system. It is evident from this figure that all the six
parameters have some influence on the COP of the GWHP system. The period of operation of
GWHP system during cooling and heating mode operations is considered as the weighting
function and is given as a ratio. Fig.7 shows the variation of COP of the GWHP system during
cooling and heating mode operations for different weighting functions 0.2, 0.3, 0.5, 0.7 and 0.8.
For example, for weighting function 0.3 corresponding to cooling curve, it indicates 30% of the
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total time of operation of the GWHP system in a year, is the cooling period and the remaining
70% is the heating period. Heating mode always achieves higher COP compared to the cooling
mode and is more predominant for weighting factors 0.2 and 0.5.

6. CONCLUSIONS
The basic thermal energy equations and design of plate heat exchanger and procedure to
compute the overall system COP are discussed in detail. Some of the important design and
operating parameters are optimized using Taguchi method and utility concept to achieve
maximum system COP for both cooling and heating modes of operations. Based on the detailed
study on the thermal performance and optimization of the ground water heat pump system for
cooling and heating applications, the following observations are made:
(i)
Increase in ground water temperature results in increase in the effectiveness of plate
heat exchanger for space cooling because during space cooling increase in ground
water temperature which is the cold fluid results in decrease in the value of maximum
possible heat transfer, thus resulting in increase in the effectiveness.
(ii)
In the case of space heating mode, the ground water temperature becomes the hot
fluid in the plate heat exchanger and hence increase in the hot fluid inlet temperature
will result in increase in the value of maximum possible heat transfer from the heat
exchanger, thus resulting in decrease in effectiveness with increase in ground water
temperature.
(iii)
With increase in ground water temperature difference, the COP of the GWHP system
increases linearly and the COP for heating mode is always higher than that of cooling
mode of operation, however, the difference is only 5%.
(iv)
With increase in exit temperature of chiller heat transfer fluid during cooling mode, the
COP increases linearly, however, the COP decreases linearly with increase in exit
water temperature for space heating mode.

NOMENCLATURE
Ach

channel flow area (m2)

Re

Reynolds number

b

mean flow channel gap (m)

t

thickness of plate (m)

Dh

hydraulic diameter (m)

T

Temperature (°C)

FF

fouling factor

Uf

Overall heat transfer coefficient
(W ´ m-2 ´ K-1)

G

mass velocity (kg ´ m-2 ´ s-1)

G

mass velocity (kg ´ m-2 ´ s-1)

ɛ

effectiveness of PHE

h

heat transfer coefficient (W ´ m-2 ´ K-1)

ρ

density of water (kg ´ m-3)

h

specific enthalpy (kJ ´ kg-1)

H

height of water column (m)

a

air

k

thermal conductivity of plate (W ´ m-1 ´ K-1)

act

actual

Lp

length of plate (m)

c

cold

ṁ

mass flow rate of water (kg ´ s-1)

comp

compressor

Greek letters

Subscripts
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ṁxy

mass flow rate per channel(kg ´ s-1)

dest

destruction

Ncp

channels per pass

fcu

fan coil unit

Ne

effective no. of plates

h

hot

Np

number of passes

i

inlet

Nt

number of plates

o

outlet

Nu

Nusselt number

pump

pump

p

plate pitch (m)

r

refrigerant

P

Pump power (kW)

Pr

Prandtl number

∆Pt

Pressure drop (kPa)

Qf

Actual heat transfer rate (kW)

Qr

Heat duty (kW)
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ABSTRACT
This contribution presents a concept for the direct integration of a refrigerant/water Heat Exchanger
(HEX) with a Phase Change Material (PCM) in the hot superheated section of an R32 - air source
compression Heat Pump (HP) cycle, for optimized Domestic Hot Water (DHW) generation in multifamily houses. The concept takes advantage of the PCMs high thermal storage capacity integrated
into a high performance compact enhanced plate-and-fin aluminium HEX. On the refrigerant side, it
works as a de-superheater for DHW generation during heating and cooling operation whereas the
process water is connected to decentralized DHW storages located in single apartments of a low
energy building. We present results from simulations at a system level for typical operating conditions
and corresponding seasonal and annual performances. Compared to conventional systems, the
results indicate savings up to 11% of electric energy over the year for DHW generation in average
climate.
Keywords: domestic hot water, energy efficiency, heat pump, heating, hot gas, phase change
material.

1. INTRODUCTION
Today’s commercially available air source HPs work highly efficient and make a valuable contribution
to reach climatic goals as the reduction of CO2 in our atmosphere. To further increase the efficiency
of HPs many different concepts using latent heat thermal energy storage technologies were
proposed recently. The aim is to decrease the size of buffer tanks and to avoid the oversizing of HPs
reducing thermal peak loads by shifting heating and cooling demands in time (Pardiñas et al., 2017),
to optimize integration of solar thermal collectors (Kapsalis et al., 2016), to enhance the storage
density of DHW storages (Zou et al., 2017) or to enhanced the defrosting performance of air source
HPs (Song et al., 2018). Recent studies showed further that a wide spectrum of PCMs are available
to be used in such storages at different temperature levels (Cabeza et al., 2011).
This contribution employs latent heat thermal energy storage technology to increase the efficiency
of air source HP systems in multi-family houses for DHW generation. The key idea is to optimally
use the available exergy of the refrigerant during operation all over the year. This means that thermal
energy at a high temperature level in the superheated section of the HP cycle is stored in a PCM to
be used later for high temperature DHW generation rather than being used at intermediate
temperatures for heating or even being wasted in the case of cooling operation. The optimal
assignment of high temperature heat during conventional operation is realized by the direct
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integration of a refrigerant (R)/water (W) heat exchanger (HEX) with phase (P) change material – in
short: RPW-HEX . The compact RPW-HEX is integrated in the hot refrigerant flow exiting the
compressor of a compression HP on the primary side and in the process water flow on the secondary
side. From the secondary side of the RPW-HEX, the process water delivers the thermal energy to
decentralized DHW storages located in the individual apartments of a multi-family house. The RPWHEX also manages flexible DHW demands and by this minimizes the operation of the air source HP
in the highly non-efficient direct DHW operating mode. Furthermore, it adds the necessary flexibility
by decoupling the high temperature high power energy streams (for DHW generation) and the low
temperature and low power energy stream (for heating). To guarantee high heat transfer coefficients
between the hot gaseous refrigerant and the PCM, between the PCM and the process water and
between the refrigerant and the process water, with a minimum of refrigerant mass, a plate and fin
aluminium heat exchanger design is used. The present study answers the question, how much of
the heat can be stored in the RPW-HEX and therefore delivered to the decentralized DHW storages
in a typical application. Furthermore, possible savings in electric energy are quantified and compared
to a reference system without the RPW-HEX. For doing so, simulation studies at selected operating
points were carried out. Annual efficiencies for the proposed system and the reference system
without RPW-HEX were calculated by summing up steady states over one year on an hourly basis.

2. CASE STUDY AND OPERATION MODES
The case study considers an application with three apartments located in average climate conditions
in Europe and an air source HP. The main purpose is heating in winter and DHW generation all over
the year. Through switching into reverse mode, cooling during summer is also possible.
The proposed system distinguishes between six operating modes (a-f) whilst a conventional system
distinguishes between mainly three operating modes, namely heating, cooling and DHW generation
which have similar efficiencies as (d,e,f) in the proposed system,
(a) heating operation and charging the RPW-HEX (0 < 𝑆𝑜𝐶 ↑ ≤ 1)
(b) cooling operation and charging the RPW-HEX (0 < 𝑆𝑜𝐶 ↑ ≤ 1)
(c) energy efficient DHW generation by discharging the RPW-HEX (0 ≤ 𝑆𝑜𝐶 ↓ ≤ 1)
(d) conventional (inefficient) direct DHW generation (𝑆𝑜𝐶 = 0)
(e) heating operation when the RPW-HEX is fully charged (𝑆𝑜𝐶 = 1)
(f) cooling operation when the RPW-HEX is fully charged (𝑆𝑜𝐶 = 1)
where 𝑆𝑜𝐶 refers to the state of charge of the RPW-HEX (Barz et al.,2018). Figure 1 (a)-(d) show
the operation modes (a)-(d) in a system sketch, where the conventional operation modes (e), (f) are
omitted for the sake of brevity. The HP is connected to the apartments with two hydraulic lines and
the switching between charging the decentralized DHW storages and heating/cooling takes place in
the apartments. During heating mode (a), most of the sensible energy in the superheated hot gas
charges the RPW-HEX (R). The amount of transferred heat depends on the hot gas temperature,
the refrigerant mass flow, the phase transition temperature of the (solid/liquid) PCM, and the overall
heat transfer coefficients of the RPW-HEX. Hot gas temperature and refrigerant mass flow result
from the operating point whereas the switching temperature range of the PCM and the heat transfer
capabilities of the RPW-HEX are design inherent (design parameters). For the proposed concept,
R32 as a refrigerant was used and Rubitherm PCM RT64HC as PCM with a phase change
temperature of 64℃ and a narrow phase transition temperature range was selected (Rubitherm,
2019). R32 has a rather high hot gas temperature when compared to other refrigerants. To limit the
compressor discharge temperature at low temperatues, liquid refrigerant from the condenser exit is
injected into the compressor (which is able to handle a small amount of liquid refrigerant) entrance
by means of a liquid injection valve (B). In doing so, the hot gas temperature can be limited to ≈115℃.
Furthermore, an additional HEX (F) is introduced to ensure that the refrigerant is in the liquid phase
at the expansion valve (X) entry. Via the condenser (C), the heat is delivered to the apartments by
the heating distribution system (H). In cooling mode (b), the four-way valve (W) switches to reverse
mode and the evaporator (E) acts as a heat sink, whereas the condenser (C) cools the building via
the heating and cooling network (H). Because the four-way valve (W) is located after the RPW-HEX,
the PCM is also charged by the hot gas during cooling operation. Note that contrary to heating mode,
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where it would also be possible to use the energy stored in the PCM for heating (of course with a
low exergy efficiency), the energy stored in the RPW-HEX during cooling is usually not used in a
conventional system. Once, the RPW-HEX is fully charged (𝑆𝑜𝐶 =1) by mode (a) or (b), the HP
system switches to DHW generation mode (c). Contrary to direct DHW-generation mode (d), the
condensing temperature, and therefore the 𝐶𝑂𝑃, remains at the values for heating mode in (c).
Therefore, the process water from the return line of the decentralized DHW storages (S) is preheated by the condenser at a beneficial 𝐶𝑂𝑃. Subsequently the process water is boosted to the DHW
set-point temperature (𝜗, ≈ 62 ℃) by discharging the RPW-HEX (R). During this operation mode,
additionally the hot gas will transfer its sensible energy via the RPW-HEX (R) to the process water.
Once the RPW-HEX is discharged, the HP switches back to heating or cooling mode, respectively.

Figure 1: Concept of the proposed system for a scenario with three apartments during: (a) heating
operation, (b) cooling operation, (c) energy efficient DHW generation by discharging the RPW-HEX and
(d) direct DHW. (S) Decentralized sensible DHW storage, (H) low- or intermediate temperature heating
system, (C) condenser, (R) RPW-HEX, (W) four way valve, (B) bypass expansion valve, (X) regular
expansion valve, (F) fluid phase heat exchanger, (E) evaporator and fan, (P) compressor. The
temperatures indicated in (a),(b) and (d) were taken from steady-states at an 𝑺𝒐𝑪 of 20% and 50% for
heating and cooling, respectively, whereas they were taken shortly after switching from mode (a) to (c) in
(c). The ambient temperature (𝝑) was 0°C in (a,c and d) and 35°C in (b).
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In the case that the thermal energy for DHW generation cannot be provided entirely by operating
mode (c), e.g. during spring, the HP has to switch to the direct DHW generation mode (d). In this
mode, similar to a conventional system, DHW has to be generated by increasing the condensing
temperature to values suitable for DHW. The RPW-HEX acts in this case solely as HEX and transfers
the sensible energy of the hot gas directly to process water. In operating mode (e) and (f) the RPWHEX is fully charged and the modes are comparable to conventional heating and cooling modes.

3. METHODOLOGY
3.2

Simulation models

Simulation studies were carried out for both, the novel system and the reference system without
RPW-HEX. The following performance indicators were computed to calculate the annual efficiencies:
Coefficient of Performance related to the hot side of the HP for heating and cooling: 𝐶𝑂𝑃6 , Coefficient
of Performance related to the hot side of the HP for DHW: 𝐶𝑂𝑃789 and RPW-HEX utilization factor:
𝜀;<9 . The simulations were carried out in the Dymola/Modelica modelling environment using
ThermoCycle library components (Quoilin et al., 2014). Additionally, models for the RPW-HEX, the
outdoor unit and the four way valve were developed in.house (Emhofer et al., 2018, Frazzica et al.,
2018). Thermodynamic properties were taken from the CoolProp library (Bell et al., 2014). The
performance indicators were derived from the dynamic simulation when the system is in steady-state
or when the 𝑆𝑜𝐶 reached 20% or 50% for heating and cooling, respectively. Defrosting operation
was neglected, and electric power consumption for 𝐶𝑂𝑃 calculations solely reflects the consumption
of the compressor and the fan of the outdoor unit. All HP geometry/component design parameters,
efficiencies and heat transfer coefficients were taken from design sheets or calculated from wellestablished equations and were later experimentally validated with measurements of the prototype
air source HP used in the H2020 project HYBUILD (HYBUILD, 2017) without RPW-HEX.
3.2

Annual Energy Efficiency Calculations

A quasi-static approach to estimate the annual energy demand of the systems was adopted.
Performance parameters at different ambient temperature levels were considered for heating,
cooling and DHW generation mode (a), (b) and (d) on an hourly basis over one year or 8760 hours.
Please note, that pre-heating of the process water with the condenser in operation mode (c) is not
considered in the following because this process is highly dynamic and can’t be handled with this
quasi-static approach. Hence, the entire energy for energy efficient DHW generation is always taken
from the RPW-HEX. The assumed scenario is defined by ambient temperatures (𝜗) from Strasbourg
in an hourly resolution (Meteonorm, 2016). A function for the feed water temperature to the heating
distribution system (𝜗, ) see Eq. (1), was fitted to the ambient temperatures as defined in the
EN14825 (2016), using variable outlet temperatures for heating and for cooling ceiling applications:
𝜗= (𝜗) = >

−0.577 × 𝜗 + 39.1 ℃ ,
−1 × 𝜗 + 40 ℃ ,
18 ℃ ,

𝜗 ≤ 2℃
2℃ ≤ 𝜗 ≤ 𝜗LM,N = 16℃
𝜗 ≥ 𝜗LM,Q = 20℃

Eq. (1)

Note that heating starts below 𝜗TU,6 = 16 ℃ and cooling starts above 𝜗TU,V = 20 ℃, respectively.
Because the condenser is connected to the heating and cooling distribution system (c.f. Fig. 1 (a,b)),
𝑄̇VTU is used to describe the heating and cooling demand of the building which needs to be covered
by the HP at all times. The design point of the HP is defined by a heating demand of 𝑄̇VTU = 2 kW
per apartment at 𝜗=𝜗YZ[\]U,6 =-10℃, typical for a low energy building. As the main purpose of the
system is heating, the design cooling load (𝑄̇VTU ^𝜗YZ[\]U,V _) is calculated from the definitions from
heating by considering solely heat conduction between the apartment and the ambient air while
neglecting solar radiation. This approach will underestimate the cooling demand but was used to be
able to work without a detailed building model. The design cooling load is given in Eq. (2):
𝑄̇QLM ^𝜗`abcdM,Q _ = UA ^20℃ − 𝜗`abcdM,Q _ =

𝑄̇QLM ^𝜗`abcdM,N _
^𝜗
− 𝜗`abcdM,Q _
𝜗LM,N − 𝜗`abcdM,N LM,Q
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where 𝜗YZ[\]U,V =35 ℃. With Eq. (2) one finds a cooling load of 1.15 kW per apartment at 35 ℃. The
part load behaviour 𝑄̇VTU (𝜗) is obtained assuming a linear dependence between 𝜗TU,6 and 𝜗YZ[\]U,6 ,
and between 𝜗TU,V and 𝜗YZ[\]U,Q , respectively (EN14825, 2016), as shown in Eq. (3):
𝜗 − 𝜗LM,N
⎧
× 𝑄̇QLM ^𝜗`abcdM,N _,
⎪𝜗`abcdM,N − 𝜗LM,N
𝑄̇VTU (𝜗) =
𝜗 − 𝜗TU,V
⎨
× 𝑄̇QLM ^𝜗`abcdM,Q _,
⎪𝜗
⎩ `abcdM,Q − 𝜗LM,Q

heating, 𝜗 ≤ 16℃
Eq. (3)
cooling, 𝜗 ≥ 20℃

The amount of heat transferred to the RPW-HEX 𝑄̇;<9 , is calculated using a utilization factor 𝜀;<9
which relates to the total thermal energy transferred at the hot side 𝑄̇6Tu (𝜗) as shown in Eq. (4):
𝑄̇vwx (𝜗) = 𝜀vwx (𝜗) 𝑄̇NLy (𝜗)

Eq. (4)

where the heat transferred on the hot and cold side of the heat pump are given by Eq.(5) and Eq.(6):
𝑄̇
+ 𝑄̇vwx ,
𝑄̇NLy (𝜗) = z QLM
̇
𝑄a•€ + 𝑄̇vwx ,
𝑄̇ cold (𝜗) = z

𝑄̇ eva ,

heating, DHW generation
cooling
heating , DHW generation

𝑄̇ con ,

cooling

Eq. (5)

Eq. (6)

Note that 𝜀𝑅𝑃𝑊 in Eq. (4) strongly depends on the temperature conditions. In the reference system
𝜀;<9 is zero and therefore, the entire thermal energy on the hot side (Eq. (5)) is transferred to the
condenser during heating or to the evaporator during cooling, respectively.
Y
Furthermore a daily DHW consumption of 𝑄789
=5.845 kWh per apartment is assumed, which is
comparable to a medium water consumption as defined in the EN16147 (2017). The load profile is
also taken from the standard, and it is assumed that the energy stored in the RPW-HEX can always
be delivered to the decentralized water storages without thermal losses in space and time.
The annual energy efficiency ratios (𝐸𝐸𝑅) for heating and cooling are calculated by means of Eq. (7)
and Eq. (8), similarly to the basic definitions for the 𝑆𝐶𝑂𝑃6 and 𝑆𝐶𝑂𝑃V in the EN14825 (2016):
𝐸𝐸𝑅Na€ycMd =

𝐸𝐸𝑅QLL’cMd =

†
𝑄Na€ycMd
‡

𝑊Na€ycMd

†
𝑄QLL’cMd
‡

𝑊QLL’cMd

=

∑Š‹Œ•
‰Ž• 𝑄VTU ^𝜗‰ _
∑Š‹Œ•
‰Ž• •

=

𝑄VTU ^𝜗‰ _
‘
𝐶𝑂𝑃6 ^𝜗‰ _

Eq. (7)

∑Š‹Œ•
‰Ž• 𝑄QLM (𝜗‰ )
∑Š‹Œ•
‰Ž• •

𝑄QLM (𝜗‰ )
‘
𝐶𝑂𝑃6 ^𝜗‰ _ − 1

Eq. (8)

where the superscript y indicates the annual demand and 𝑊 ist the electric energy demand of the
compressor and the fan. In the reference as well as in the proposed HP system in direct heating
mode (d), the 𝐶𝑂𝑃 for DHW generation 𝐶𝑂𝑃789 will be significantly lower than the 𝐶𝑂𝑃 for heating
due to the higher temperature difference between evaporator and condenser. The electric energy
consumption at a certain ambient temperature 𝜗‰ at a certain hour of the year ℎ‰ is given in Eq. (9):
𝑊”•x ^𝜗‰ , ℎ‰ _ =

𝑄”•x ^ℎ‰ _
𝐶𝑂𝑃”•x ^𝜗‰ _

Eq. (9)

With the aid of the RPW-HEX, a certain amount of thermal energy can be generated with a better
with 𝐶𝑂𝑃6 instead of 𝐶𝑂𝑃789 leading to a reduction of the electric energy demand. The situation is
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different in cooling mode. In the reference system, the total energy transferred on the hot side
dissipates in the evaporator and is lost. Therefore, DHW is not only generated with a better 𝐶𝑂𝑃 with
the RPW-HEX, but for free, as waste heat is utilized. The reduction of electric energy demand
compared to direct DHW generation is therefore given in Eq. (10):

ΔW”•x,vwx ^𝜗‰ , ℎ‰ _ =

1
1
⎧ 𝑄vwx ^𝜗‰ _ •
−
‘,
⎪
𝐶𝑂𝑃”•x ^𝜗‰ _ 𝐶𝑂𝑃N ^𝜗‰ _
⎨
⎪
⎩

𝑄vwx ^𝜗‰ _
𝐶𝑂𝑃”•x ^𝜗‰ _

heating
Eq. (10)
cooling

where 𝑄̇;<9 follows from Eq. (4) for heating and cooling. With Eq. (9) and Eq. (10), the anual
efficiency for DHW generation reads:
Δ𝐸𝐸𝑅789 =

†
∑Š‹Œ•
𝑄”•x
‰Ž• 𝑄”•x (h— )
=
‡
𝑊”•x
∑Š‹Œ•
—Ž• ˜𝑊”•x ^𝜗‰ , ℎ‰ _ − Δ𝑊”•x,vwx ^𝜗‰ , ℎ‰ _™

Eq. (11)

4. RESULTS AND DISCUSSION
4.1

Performance indicators obtained from simulation studies

Figure 2 shows results of the performance indicators obtained from the simulations for different
constant ambient temperatures. For annual calculations missing values between the depicted points
were calculated by linear interpolation. As expected the 𝐶𝑂𝑃s significantly decrease for low (heating)
and high (cooling) ambient temperatures due to the high temperature lift between evaporator and
condenser. The 𝐶𝑂𝑃s of both system are almost equal although the sensible heat of the hot gas can
be used for heating in the reference heating case and doesn’t need to be cooled by the outdoor air
in the cooling case for the novel system. Heating, cooling and direct DHW behaviour in Fig. 2(a)
corresponds to operating modes (a),(b) and (d) for the novel system. Note that if the RPW-HEX can
be charged, DHW can be generated with operating mode (c) with the better 𝐶𝑂𝑃s “heating and RPWDHW” and “cooling and RPW-DHW”, respectively, instead of “direct DHW” generation. The RPWHEX is able to store energy for ambient temperatures below 10 °C and above 30 °C (Fig. 2(b)).
Between 10 °C and 30 °C, the hot gas temperature is too low (≲ 64 °C). Below ≈ −5 °C, the liquid
injection valve starts to work and therefore, the hot gas temperature is limited to ≈ 115 °C. The
storable energy from superheated refrigerant then only depends on the mass flow of the refrigerant.

Figure 2: Performance indicators of the HP system in relation to the ambient temperature. The black stars in
(a) denote the values from the measurements of the prototype HP without RPW-HEX.
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4.2

Annual energy efficiency
‡

The resulting annual heating and cooling demands are 𝑄Na€ycMd =12 847 kWh and
‡
‡
𝑄QLL’cMd =1 093 kWh, respectively. Furthermore, the annual heating demand for DHW is 𝑄”•x =
6 400 kWh. Figure 3 shows how much thermal energy can be provided by the RPW-HEX for DHW
generation on a daily basis. During winter times in 17 days the RPW-HEX can deliver more than
necessary to cover the DHW consumption. Hence, the surplus thermal energy might be shifted to
the decentralized DHW storages. Due to the relatively low hot gas temperature in summer times,
and the low amount of hot days (only 30 hours with temperatures above 30 °C) the RPW-HEX will
not contribute significantly to the DHW generation given the climatic scenario selected here.

Figure 3: Coverage ratio of energy for DHW provided by the RPW-HEX. Note that, for the calculated annual
performance indicators, it is assumed that surplus energy gained from the RPW-HEX can be stored for usage
during the days to come (green arrows).

Table 1 summarizes the annual performance indicators and the electric energy consumption of the
reference and the novel system. The annual performance for heating 𝐸𝐸𝑅6 and cooling 𝐸𝐸𝑅V are
almost equal whereas, the annual performance for DHW is about 11 % higher for the novel system
compared to the reference system. To sum up, the novel concept saves 200 kWh electricity per year
which results in 4.3 % lower annual total electric energy consumption.
Table 1: Calculated annual energy efficiencies
‡
𝑄vwx (kWh)

Reference
Novel

0
1389

𝑊b›œ (kWh)

4654
4456

𝑊N (kWh)

2586
2583

𝑊Q (kWh)

𝑊”•x (kWh)

105
105

1963
1768

𝐸𝐸𝑅N

4.97
4.97

𝐸𝐸𝑅Q

𝐸𝐸𝑅”•x

10.4
10.4

3.26
3.62

5. CONCLUSIONS AND OUTLOOK
Technical details and economic benefits are presented for a novel heat pump system, with a
Refrigerant/PCM/Water Heat EXchanger (RPW-HEX) directly integrated in the hot gas section of an
air source HP, for energy efficient DHW generation. Annual calculations indicate for average climatic
conditions, intermediate heating temperatures and medium DHW consumptions, estimated savings
of about 4.3 % of electric energy when compared to conventional air source HP systems. These
energy savings result from a 11 % better performance for DHW generation with the novel system.
The case study considers three apartments located in a low energy building, each with a heat
demand of 2 kW per apartment at -10 °C and a DHW demand of 5.825 kWh per day. The absolute
savings amount in this case is 200 kWh of electric energy with the proposed system per year.
The average energy price per kWh was 0.22 €/kWh for households in the Euro area in 2018
(EUROSTAT, 2018) which means a cost saving of 44 € per year. If we assume a latent storage
density of 70 Wh/kg and would like to discharge the RPW-HEX after 2 hours of heating/cooling
operation, we would need around 1.5 kWh storage capacity for three apartments or around 21 kg
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PCM to deliver the daily DHW demand to the decentralized storages. For a typical price of 5 € per
kg PCM, the PCM costs therefore about 105 €. Based on the design used for the prototype, the
aluminium and manufacturing costs are around 200 € and 500 €, respectively. Summing everything
up one can estimate investment costs of about 805 € for the RPW-HEX what gives a payback time
of around 18 years for the given example. Next steps will include the assessment of the annual
performances for other climatic conditions, building conditions and PCM materials, as the yearly
performance and therefore the payback time strongly depend on these constraints. Furthermore,
solar radiation needs to be included in the calculations for heating and cooling demand and
experiments with the experimental air source HP and the RPW-HEX will be carried out in the months
to come.
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NOMENCLATURE
𝐶𝑂𝑃
𝐸𝐸𝑅
𝑄
UA

Coefficient of Performance (-)
Energy Efficiency Ratio (-)
Thermal energy (kWh)
Thermal conductance (kW/K)

𝑊
𝜀;<9
𝜗

Electric energy (kWh)
Utilization factor of the RPW-HEX (-)
Temperature (℃)
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ABSTRACT
This study investigates the performance of a ground source heat pump that uses the direct
expansion method for hot water supply. The performance of cooling and heating/hot water supply
systems of a ground source heat pump that uses the direct expansion method is better than that of
the conventional ground source heat pump. Considering actual usage conditions, an experiment
was conducted using R32 refrigerant. The length of the underground heat exchanger was 30 m. We
investigated the maximum value of the amount of extracted heat from the ground by a single
underground heat exchanger. The experiment was continued until the temperature of hot water in
the tank reached approximately 65 °C. When the discharge amount of hot water was 200 L, the
average Coefficient of Performance COP during the experiment was 2.4. When the discharge
amount was 300 L, the average COP was 2.3.
Keywords: Borehole, COP, Direct Expansion, Ground-Source System, Hot Water, R32.

1. INTRODUCTION
Ground source heat is low-temperature thermal energy that is deeper than 10 m from the ground
surface and shallower than 100–150 m underground. The temperature in the ground is not affected
by temperature fluctuations and is almost constant throughout the year. The underground
temperature is higher than the outside air temperature in the winter and lower in the summer.
Therefore, a ground source heat pump is highly efficient compared with an air-conditioner. It is an
energy-saving system that can provide both air conditioning and hot water supply (Hokkaido
University, 2007). Tsuchiya, et al. (2017) and Marumo, et al. (2018) reported the performance of
hot-water supply heat pumps using a ground source heat pump that uses the direct expansion
method. The heat pump thereof is a system that directly exchanges heat with the underground by
extending the circulation piping of a refrigerant such as R32 to the underground. Therefore, the heat
exchanger performance is superior to the ground source heat pump using brine, which has already
been implemented.
In the ground source heat pump using the direct expansion method, it is difficult to obtain the
amount of heat because the refrigerant is accompanied by condensation/evaporation. However, in
the hot-water supply system, because the heat quantity can be measured from the waterside
inlet/outlet temperature and the flow rate of the water/refrigerant heat exchanger, improvement in
accuracy can be expected compared with the heat quantity measured on the refrigerant side.
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Therefore, in this study, we aim to clarify the performance at the time of hot-water generation using
the ground source heat pump that uses the direct expansion method.

2. EXPERIMENTAL APPARATUS, CONDITION, AND EVALUATION METHOD
2.1 Experimental Apparatus
Fig. 1 shows the experimental apparatus. The experimental apparatus is composed of a
compressor, a water/refrigerant heat exchanger, an expansion valve, and an underground heat
exchanger. In this research, a hot-water supply experiment of a ground source heat pump using the
direct expansion method was performed using a ground heat exchanger that is inserted in one
closed-type vertical buried-type borehole. The depth of the borehole was 30 m. A casing pipe of
outer diameter 165.2 mm and inner diameter 155.2 mm was inserted into the borehole. The bottom
end of the casing pipe was closed and the pipe was filled with water. The refrigerant was filled with
1.0 kg of R32 and lubricating oil. A capillary tube-coupled heat transfer tube was adopted for the
water/refrigerant heat exchanger. The output of the outdoor unit was 5.0 kW. A water storage tank
with a capacity of 460 L was installed.
Fig. 2 shows a schematic of the underground heat exchanger. The underground heat exchanger
was buried in the ground to exchange heat with the ground. The ground source heat exchanger is of
different shapes for efficiently exchanging heat. It consists of three copper pipes connected at the
bottom to one copper pipe resembling a U-shape. The outer diameter of the copper tube is 6.35
mm.

Figure 1: Flow sheet of the ground source heat pump system using direct expansion method
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Figure 2: Schematics of the underground heat exchanger

2.2 Experimental Condition
Considering actual use conditions, in this experiment, 200 L of hot water with a set temperature of
40 °C was discharged and the water temperature in the hot water storage tank unit was increased
by midnight electric power; this was conducted for seven consecutive days. The experiment was
continued until the hot-water temperature in the tank reached approximately 65 °C.
Table 1: Experimental conditions

Experimental date
Discharge amount of hot water
Borehole depth
Borehole diameter
Filled material
Refrigerant
Water storage capacity
Pre-set temperature

From November 7th to
November 14th, 2018
200 L

From December 6th to
December 13th, 2018
300 L

30 m
155.2 mm
Silica sand
R32 (1.0 kg)
460 L
65 °C

2.3 Evaluation Method
In this study, we calculated the coefficient of performance (COP) as the performance of the ground
source heat pump that uses the direct expansion method for hot water supply. COP is a value
expressing the cooling/heating capacity for every 1 kW of power consumption. The larger this value,
the better is the energy-saving performance. As described above, in the direct expansion method,
the refrigerant is a two-phase flow of gas–liquid; therefore, it is difficult to measure the flow rate of
the refrigerant on the underground side. Therefore, the COP was measured using the waterside
inlet/outlet temperature and flow rate of the water/refrigerant heat exchanger.
𝐶𝑂𝑃 = 𝑐𝑝𝑞(𝑡𝑜𝑢𝑡 − 𝑡𝑖𝑛 ) ∙ 𝑊 −1 ,

Eq. (1)

where c is the specific heat of water in kJ×(kg×K)-1, ρ is the density of water in kg×m-3, q is the
water/refrigerant heat exchanger inlet water flow rate in m3×s-1, tout is the water/refrigerant heat
exchanger outlet water temperature in K, tin is the water/refrigerant heat exchanger inlet water
temperature in K, and W is the power consumption in kW.
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3. EXPERIMENTAL RESULTS AND DISCUSSIONS
3.1 Underground Temperature
Figs. 3 and 4 show the underground temperature when the discharge amounts of hot water are 200
and 300 L, respectively. When the discharge amount was 200 L, the underground temperature on
the first day of the experiment was 14.8 °C at the 10 m point, 15.3 °C at the 20 m point, and 16.0 °C
at the 30 m point. On the 7th day, it was 15.0, 15.5, and 16.1 °C at the 10, 20, and 30 m points,
respectively. When the discharge amount was 300 L, the underground temperature on the first day
of the experiment was 14.9, 15.6, and 15.9 °C at the 10, 20, and 30 m points, respectively. On the
7th day, it was 14.2, 14.9, and 15.5 °C at the 10, 20, and 30 m points, respectively. When the
discharge amount was 200 L, the underground temperature became almost the same at the start
and end of the experiment. This indicated that the underground temperature was recovering.
However, when the discharge amount was 300 L, the underground temperature at the end of the
experiment was approximately 0.5 °C lower than at the start of the experiment. Therefore, the
recovery of the underground temperature is insufficient with the discharge amount of 300 L. This
result indicates that a long-term operation without a water injection system is difficult if the
discharge amount of hot water increases.

Figure 3: Underground temperature (200 L)
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Figure 4: Underground temperature (300 L)

3.2 Performance Evaluation
Figs. 5 and 6 show the COP, output power, and power consumption with respect to the operation
time when the discharge amounts of hot water are 200 and 300 L, respectively. In this experimental
apparatus, the power consumption was almost constant throughout the operation period because it
was controlled to operate at a constant speed of the compressor. When the discharge amount was
200 L, the average power consumption during the operation period was 1.3 kW, the average COP
was 2.4, and the average output power was 3.2 kW. With the discharge amount of 300 L, the
average power consumption during the operation period was 1.3 kW, the average COP was 2.3,
and the average output power was 3.2 kW. In both cases, the output power decreased with
decreased underground temperature. Consequently, the COP decreased. Furthermore, the sudden
decrease in output power at the discharge amount of 200 L was attributed to the activated control
for protecting the compressor. In previous experiments (Marumo, et al., 2018), the output power
was approximately 0.15 kW/m, whereas in this experiment, it was approximately 0.1 kW/m.
Although the output power per meter was decreasing, the load in the underground per unit depth
was reduced. When the discharge amount was 300 L, a reduction in the underground temperature
by 0.5 K did not affect the COP. It is necessary to perform a long-term operation to investigate how
reducing the underground temperature affects the performance.
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Figure 5: Performance evaluation (200 L)

Figure 6: Performance evaluation (300 L)

4. CONCLUSION
An experiment on a hot-water supply system by a ground source heat pump that used the direct
expansion method was performed using a single borehole of depth 30 m. The obtained
experimental results were as follows.
1.

With the discharge amount of 200 L, the average power consumption during the operation
period was 1.3 kW, the average COP was 2.4, and the average output power was 3.2 kW.

2.

With the discharge amount of 300 L, the average power consumption during the operation
period was 1.3 kW, the average COP was 2.3, and the average output power was 3.2 kW.

3.

In previous experiments, the output power was approximately 0.15 kW/m, whereas in this
experiment, it was approximately 0.1 kW/m. Although the output power per meter was
decreasing, the load in the underground per unit depth was reduced.
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NOMENCLATURE
c
𝜌
W

specific heat of water (kJ×( kg×K)-1)
density of water (kg×m-3)
power consumption (kW)

tout

water/refrigerant heat exchanger outlet
water temperature (K)

tin

water/refrigerant heat exchanger outlet
water temperature (K)

q

water/refrigerant heat exchanger inlet water
flow rate (m3×s-1)
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ABSTRACT
The specifications of an underground heat exchanger used for a ground source heat pump that
uses the direct expansion method could not be established thus far because the refrigerant flowing
in the underground heat exchanger is a gas–liquid two-phase flow accompanying evaporation and
condensation that exhibits a complicated behavior. Therefore, an experiment was conducted using
a U-shaped heat exchanger in which one 3/8-inch copper tube and multiple 1/4-inch copper tubes
were connected at the bottom as a heat-collecting tube. In this experiment, parallel underground
heat exchangers were used. We introduce this underground heat exchanger into the airconditioner used for an actual agricultural vinyl house and describe the results of the
demonstration test. The coefficient of performance in the cooling and heating operations were
approximately 4.0 and 3.5, respectively, and the primary energy consumption reduction rates
compared with the conventional system were 20% and 43%, respectively.
Keywords: Borehole, COP, Direct expansion, Ground source system, Heat exchanger, R410A

1. INTRODUCTION
Currently, global warming and the exhaustion of energy resources have become serious; thus,
energy saving and effective use of energy are required in all fields worldwide. In this research, we
focused on a ground source heat pump that can yield better energy saving effects than the
conventional air heat pump. Ground source heat pumps can be categorized into two types: indirect
method and direct expansion method. Researcher at Yamanashi University have been studying the
development of a ground source heat pump that uses the direct expansion method, which is
considered to be superior in heat exchange performance to the conventional indirect method
(Watanabe et al., 2018) (Muramatsu et al., 2018). Especially in the cooling operation, we have
obtained experimental results in which the coefficient of performance (COP) exceeded 10. As a
result of the achievement, an air-conditioning facility using a ground source heat pump that uses
the direct expansion method has been introduced in Yamanashi Prefecture in which the university
has been conducting research as an air-conditioned house for summer/autumn strawberry
business. In this report, to contribute to the promotion of ground source utilization in the nextgeneration agriculture field, we evaluated the cooling and heating air-conditioning performances
and the effect of reducing the primary energy consumption and demonstrated its effectiveness.
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2. OUTLINE OF EXPERIMENT and EXPERIMENTAL APPARATUS
2.1. Ground Source Heat Pump System
Fig. 1 shows a simplified diagram of the indirect method and direct expansion method. Ground
source heat pumps can be categorized into two types: indirect method and direct expansion
method. The indirect method installs a resin or metal heat exchanger between a heat pump and an
underground heat exchanger and collects it indirectly from the ground through circulating water or
antifreeze. Meanwhile, in the direct expansion method, as shown in Fig. 1, a refrigerant tube of a
heat pump is buried in the ground and heat exchange is performed directly with the underground.
Compared with the indirect method, the operation efficiency of the heat pump is high and the
power of the circulation pump for the antifreeze is unnecessary; therefore, the energy-saving effect
tends to be high (Hokkaido University, 2007).

Figure 1: Simplified diagram of indirect method (left) and direct expansion method (right)

2.2.
Outline of Experiment
In this experiment, a refrigerant (R410A) is circulated in the underground heat exchanger, and a
demonstration experiment of a system that performs the evaporation and condensation of the
refrigerant between the indoor unit and underground heat exchanger, and performs cooling and
heating was conducted. Furthermore, to maintain the temperature inside the heat exchanger, a
system for injecting well water according to operating conditions was provided.
In this system, the required temperature of the crop to be cultivated was set based on the operation
record in the house where the air heat pump was installed. This project aims to cultivate summer
and autumn strawberries, but the planned area was highland; thus far, no air-conditioning in the
summer was necessary. However, owing to the effect of global warming in recent years, the
temperature, especially the nighttime temperature, did not decrease. Thus, the fruiting of
strawberry was affected and cooling was necessitated. In addition, because the ground source
heat pump could be used for cooling and heating, we studied the possibility of further energy cost
reduction by using it as an aid for hot air generation utilizing fossil fuel in the winter.
2.3.
Experimental Apparatus
Fig. 2 shows the outline of the verification test system and the picture of the vinyl house. The
altitude of the planned site was approximately 800 m highland, and we introduced two ground
source heat pumps that use the direct expansion method for cooling primarily in the summer. It
operated as a set of three underground heat exchangers of φ100 mm × 30 m each. The equipment
capability was assumed as the ability to provide the temperature required by summer and autumn
strawberries cultivated in the planning building: the cooling output was 12.5 kW, and the heating
output was 14 kW. The direct expansion method exhibited excellent underground heat exchange
efficiency; therefore, there was a concern that the heat release to the ground by heat exchange
and heat extraction from the ground would significantly affect the underground temperature
fluctuation. We adopted a method of supplementing the amount of heat collection of the ground by
placing a well for water injection and injecting it into the borehole. We had confirmed that the
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amount of groundwater available was abundant owing to the operating condition of the existing
wells in the premises and the well data of neighboring areas. The water pumping volume used for
water injection was at the most 3 L/min per heat exchanger, and 18 L/min as a whole; therefore, it
was less than those of household wells. We adopted a method to infiltrate the overflow after
injection and reduced it to the underground.
Fig. 3 shows the structure of the underground heat exchanger used in this experiment. The
underground heat exchanger consists of a borehole, steel gas pipe, water, no. 2 silica sand, and
collected heat pipe. A casing tube closed at the bottom was placed in a borehole of 30 m in depth,
filled with water, and a copper heat-sink tube was inserted in it. To disperse the load on the ground
when releasing heat, a parallel method was adopted. A steel gas pipe was used for the casing
pipe, and the periphery was filled with no. 2 silica sand. The collected heat pipe was a U-shaped
copper pipe divided into one side and three sides. In addition, one side was wrapped with
insulation to prevent heat extraction from the ground and heat radiation.
Regarding the circulation direction of the refrigerant, it was circulated from the three sides to the
one side during the cooling operation, and vice versa during the heating operation, referring to past
experimental results (Muramatsu et al., 2018).

Figure 2: Outline of the verification test system and a photograph of the house

Figure 3: Underground heat exchanger
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2.4. Evaluation Method
For the performance evaluation of the heat pump, the COP representing the cooling/heating
capacity per power consumption was used. The larger the value, the better was the consumption
efficiency. As it was difficult to measure the flow rate of the refrigerant on the underground heat
exchanger side, in this study, calorimetry was performed on the indoor unit side, and the COP was
calculated using Eq. (1).

𝐶𝑂𝑃 =

𝑂𝑢𝑡𝑜𝑢𝑡 𝑝𝑜𝑤𝑒𝑟
𝑃𝑜𝑤𝑒𝑟 𝑐𝑜𝑛𝑠𝑢𝑚𝑝𝑡𝑖𝑜𝑛

=

∆ℎ×𝜌×𝐴×𝑣
𝑃×6

,

Eq. (1)

where Δh is the enthalpy difference between the indoor unit intake port and exhaust port in kJ∙kg-1,
ρ is the air density in kg∙m-3, A is the indoor unit discharge duct area in m2, v is the wind speed m∙s1
, and P is the power consumption (cumulative value for 10 min) in kWh. The enthalpy difference
necessary for obtaining the output power was obtained by measuring the temperature and humidity
at both the indoor unit suction port and discharge port using the psychometric diagram of the
Japan Refrigeration and Air-Conditioning Association. For the performance evaluation of the
heating operation, instead of Δh, a value obtained by multiplying the temperature difference ΔT
in °C between the indoor unit discharge port and intake port by the air specific heat c in J∙kg-1∙ºC-1
was used.

3. EXPERIMENTAL RESULTS and DISCUSSION
3.1.

Performance Evaluation in Cooling Operation

In this experiment, the cooling operation period during the summer was approximately 38 days
from July 20th to August 26th, 2018. Fig. 4 shows the temperature inside the house and the outside
air temperature on July 24th, which was a relatively hot day even during the cooling operation
period performed at that time. The temperature inside the house increased with the increasing
outside air temperature, and the cooling operation began at approximately 9 AM from the inverter
control. It can be confirmed that the outside air temperature increases as time progresses to
approximately 35 °C at 15 o'clock. At this time, the inside temperature of the house was
approximately 32 °C, and it could be maintained at approximately 3 °C lower than the outside air
temperature. However, because we were cooling the heating house that was originally a heating
facility, the load was extremely large. Furthermore, if we considered the growing environment of
strawberries, capacity shortage must be considered. In this experiment, two indoor units were
used to cool the inside of the house; however, in the initial plan, four indoor units were required for
the existing vinyl house. Hence, it was necessary to add an indoor unit to ensure the necessary
amount of heat dissipation.
Fig. 5 shows the performance values of the cooling operation on July 24th. Soon after the
operation began, the released heat increased to approximately 16 kW, the power consumption
was approximately 4 kW, and the COP was approximately 4. The inside temperature of the house
during the day was 30 °C or higher and the load was extremely large; therefore, the released heat
and power consumption always exhibited high values and operated at the maximum output during
the cooling operation. Although the rated energy consumption efficiency of the air heat pump to be
compared was approximately 3.2, even in an extremely heavy load environment such as that in
the experiment, the COP in the direct expansion method was approximately 4, which was superior
to the conventional air heat pump system.
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Figure 4: House temperature and outside temperature

Figure 5: COP, released heat, and power consumption

3.2.

Performance Evaluation in Heating Operation

In this study, an evaluation was conducted from November 17, 2018 to December 31, 2018, in
which winter heating was performed.
Fig. 6 shows the temperature inside the house and the outside air temperature on December 28,
when the average temperature per day was the lowest among the heating operation periods
performed at that time. The temperature inside the house was approximately 10 °C at 15 o'clock
before the start of the heating operation, and when the heating operation was started from 15
o'clock, the temperature recovered to 20 °C. Subsequently, the temperature inside the house
decreased with the decrease in the outside air temperature, and it was stable at approximately
15 °C at night. Compared with the cooling operation, no significant capacity shortage was
indicated.
Fig. 7 shows the performance values of the heating operation on December 28th. Shortly after the
operation began, the output power increased to approximately 16 kW, the power consumption
increased to approximately 5 kW, and the COP was approximately 3.4. It could be confirmed that
the output power and power consumption were increased slightly from 3 am to 6 pm when the
outside air temperature reached –5 °C. However, the parameters were almost constant from the
start to the end of operation outside the time range above. The planned area was high ground and
the outside temperature had reached below freezing; therefore, it did not the planned initial
performance value was not attained. In the experiment conducted this time, the number of indoor
units was two; as such, the load per unit was extremely large. Therefore, the load per unit can be
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reduced, e.g., by adding an indoor unit; it is thought that further improvements in performance will
be achieved.

Figure 6: House temperature and outside temperature

Figure 7: COP, output power, and power consumption

3.3.

Primary energy consumption reduction effect and carbon dioxide emissions

Fig. 8 shows the primary energy consumption and carbon dioxide emissions when using the air
heat pump and ground source heat pump that use the direct expansion method. The values shown
in Fig. 8 are cumulative values for 43 days including the test runs. The power consumption of the
air heat pump was calculated using the rated capacity and power consumption. Crude oil
consumption and carbon dioxide emissions were calculated using the conversion factor described
in the guidelines issued by the Tokyo Metropolitan Government Bureau of Environment (Tokyo
Metropolitan Government Bureau of Environment, 2018).
The amount of power consumption in the cooling operation was 3276 kWh for the air heat pump
and 2614 kWh for the ground source heat pump, and the reduction amount was 661 kWh.
Converting this into crude oil, the amount of crude oil used was 842 L in the air heat pump and 672
L in the ground source heat pump, and the reduction amount was 170 L. As for the carbon dioxide
emissions, 1251 kg-CO2 was obtained for the air heat pump and 998 kg-CO2 for the ground source
heat pump, and the reduction amount was approximately 252 kg-CO2. Consequently, the overall
reduction rate of the cooling operation was 20.2%. Originally, because the vinyl house was a
facility for warming, the amount of power consumption in the ground source heat pump is
calculated only when the load was extremely large, and it caused a significant decrease in energy
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consumption efficiency. Therefore, if the ground source heat pump could be operated under the
same load condition as the rated value, the reduction rate could be further improved.

Figure 8: Primary energy consumption and carbon dioxide emissions in cooling mode

Fig. 9 shows the primary energy consumption and carbon dioxide emissions of the A heavy oil
boiler that is the existing heating systems and ground source heat pump using the direct
expansion method. A total of 70 days including the trial run was calculated. The crude oil
equivalent amount and carbon dioxide emissions were obtained using the conversion factor
described in the guidelines of the Tokyo Metropolitan Government Bureau of Environment (Tokyo
Metropolitan Government Bureau of Environment, 2018).
Regarding the primary energy consumption in the heating operation, the crude oil equivalent
amount was 3635 L for the A heavy oil boiler and 2049 L for the ground source heat pump, and the
reduction amount was 1585 L. The crude oil reduction rate was approximately 43%. With regard to
carbon dioxide emissions, it was 9635 kg-CO2 for the A heavy oil boiler and 3275 kg-CO2 for the
ground source heat pump; the reduction amount was 6359 kg-CO2. The reduction rate of carbon
dioxide emissions was approximately 66%. Both crude oil and carbon dioxide emissions achieved
high reduction rates. However, in the cooling operation, the load in the use environment was
extremely large; therefore, the original performance might not have been achieved. As the outside
air temperature sometimes decreased to near –10 °C during the winter nighttime, considerable
effort was required to maintain a warm house. Therefore, to increase the energy consumption
efficiency and improve the reduction rate, the load per indoor unit must be reduced.

Figure 9: Primary energy consumption and carbon dioxide emissions in heating mode
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4. CONCLUSION
In this study, by introducing a ground source heat pump that used the direct expansion method as
an air-conditioning equipment in the agricultural field, the following conclusions were drawn after
examining cooling and heating air-conditioning performance and evaluating the primary energy
consumption reduction effect:
[1] The COP was approximately four in the cooling operation and approximately 3.4 in the heating
operation; it demonstrated excellent performance considering the load size owing to the
operating environment.
[2] The primary energy consumption reduction rate compared to the conventional air-conditioning
equipment was 20% in the cooling operation and 43% in the heating operation.
[3] The reduction rate of carbon dioxide emissions was 20% in the cooling operation and 66% in
the heating operation; in particular, an excellent reduction rate was obtained in the heating
operation.
Future research plans include demonstrating the effectiveness of the energy-saving system in an
agricultural house by calculating the operating cost from the cooling and heating performances
requested this year and clarifying the cost amortization period from the initial investment cost.

NOMENCLATURE
∆ℎ

enthalpy difference (kJ×kg-1)

𝜌

air density (kg×m-3)

T

temperature (°C)

A

sectional area (m2)

𝑣

wind speed (m×s-1)

P

power consumption (kWh)
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ABSTRACT
Air source heat pump heating has been widely used for energy conservation especially in cooler
climes. Compressor displacement directly affects the heating capacity of an air source heat pump
system. The application of enhanced vapor injection in an air source heat pump can greatly increase
the compressor displacement in low temperature environments. In this paper, in order to analyse the
internal flow and suction and exhaust conditions of the rotary compressor with vapor injection, a
three-dimensional dynamic numerical model was built up by using the commercial CFD
(computational fluid dynamics) solvers FLUENT and dynamic grid technique. And the theoretical
model is used to verify the correctness of the simulation model. The simulation results of rotary
compressor with and without the injection port are compared and analysed. The effect of the injection
port on suction and discharge of the rotary compressor has been investigated in this study.
Keywords: CFD, Energy efficiency, Heat pump, Intermediate injection, Rotary compressor.

1. INTRODUCTION
China has been suffering from smog and haze pollution for a long time, especially in the winter, a
large amount of coal combustion that is used for heating causes serious atmospheric pollution (Li et
al., 2014). Where the low temperature air source heat pump (LTHP) technology, which is an energysaving and efficient heating technology, can effectively reduce the atmospheric pollution caused by
coal combustion for heating (Zhang et al., 2018). However, as the outdoor temperature decreases,
the outdoor unit heat exchange capacity decreases, resulting in a decrease in the suction amount of
the compressor relative to the normal suction amount, and the compressor compression efficiency
is lowered (Jeon et al., 2016). Enhanced vapor injection technique can supplement the refrigerant in
the compression process of the compressor, thereby increasing the discharge amount of the
compressor, increasing the circulating refrigerant amount of the indoor heat exchanger, and
increasing the heating capacity (wang et al., 2009). So this technology is very suitable for use in cold
areas. Where enhanced vapor injection technique has been successfully applied to screw
compressors and scroll compressors. In recent years, a few researchers have proposed applying
this technique to rolling piston type rotary compressors with lower cost and comparable efficiency
(Heo et al., 2013, Yan et al., 2016, Wang et al., 2018). Meanwhile, screw compressors and scroll
compressors are generally used in middle or large heat pump systems, and rolling piston type rotary
compressors are more suitable for small heat pump systems. Therefore, it is significant to study the
rolling piston type rotary compressor with vapor injection for improving the heating performance of
small heat pump systems.
Where CFD simulation technology, which can realistically simulate the compression process of the
compressor, is a cost-effective product development tool. By using CFD simulation technology, it is
visual for the changes in the distribution of pressure, streamtraces and temperature of the
compressor during compression. If this technology is applied to a compressor with vapor injection, it
will be very helpful to optimize the design of the compressor. Geng et al. (2004), and Ding et al.
(2014) have conducted a detailed study of the internal flow process of a compressor without vapor
injection, and the simulation results are in good agreement with the experimental results. Additionally,
Farkas et al. (2015) respectively used the unstructured grid and the structured grid to simulate the
compression process of the compressor, and compared the two models. The results show that the
structured grid has a great advantage in computational efficiency. And by using dynamic grid
technique, Ba et al. (2016) has been successfully used to simulate the transient flow mechanism of
the rotary compressor and could predict the performance of the compressor with a reasonable
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precision by comparing with experiment. Most of the previous scholars have carried out simulation
studies on rotary compressors without injection port, and there have been few simulation studies on
rotary compressors with injection port. It is significant to study the internal flow process of compressor
with vapor injection.

2. GRID GENERATION AND NUMERICAL SETUP
The purpose of this work is to propose a CFD procedure for predicting and optimizing the internal
refrigerant flow process of a rotary compressor with refrigerant vapor injection. The reasonable
choice of flow area and the physical model has an important impact on the accuracy of the simulation.
In particular, there is a quite challenging for the handling of the mesh motion and the mesh generation
of the flow area.
2.1.

Schematic and geometry of a rolling piston compressor

Figure 1: Schematic and geometry of a rolling piston compressor

As shown in Fig. 1, the mechanical components of the rolling rotor compressor to achieve the gas
compression process are mainly composed of the cylinder block, eccentric, rolling piston, sliding
vane, and discharge valve. The movement of the rolling piston is driven by the rotation of the
crankshaft, the outer surface of the rolling piston is in contact with the inner surface of the cylinder
block, and the sliding vane is closely attached to the surface of the rolling piston by the elastic force
of the spring. Then, the chamber of the compressor is divided into a compression chamber and a
suction chamber by the sliding vane and the rolling piston. When the pressure in the compression
chamber reaches the discharge pressure, the discharge valve is opened due to the pressure
difference between the compression chamber and the condenser, thereby releasing the compressed
gas.
2.2.

Grid Generation and Dynamic Grid Method

Figure 2: (a) Mesh of the whole compressor and details of the inlet and outlet; (b) The dynamic mesh
changes process
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According to the characteristics of the CFD solvers and the working mechanism of the rotary
compressor, the fluid calculation domain as shown in Fig. 2(a) is established. By using meshing
software of ANSYS ICEM, a structured meshing method (O-grid generation technique) is used for
the cylinder block and the suction port, and an unstructured meshing method is used for the
discharge port. Then the three parts are assembled by using the interface technique. Final mesh of
the whole compressor and details of the inlet and outlet is shown in Fig. 2(a).
In order to simulate the movement process of the compressor piston, the dynamic mesh technology
is required. The dynamic mesh changes process that controlled by UDF (user-defined function),
which is used to control the motion of the mesh nodes, is shown in Fig. 2(b). Since dynamic mesh
problems require that at least one layer remains in order to maintain the topology, a small clearance
will be created between the compression chamber and the suction chamber. Where the presence of
the clearance causes the refrigerant in the compression chamber to leak into the suction chamber
through the clearance, which will affect the accuracy of the simulation. Fortunately, there is also a
radial clearance leakage from the high pressure side to the low pressure side through the clearance
during the actual operation of the compressor. Therefore, as long as the radial clearance is
reasonably controlled, the accuracy of the calculation can be guaranteed to be consistent with the
actual situation. In addition, the leakage losses through piston faces clearances between the upper
and lower end faces of the rolling piston and head walls of the cylinder, the leakage losses through
clearances between the upper and lower end faces of the sliding vane and head walls of the cylinder,
and the leakage losses through clearances between the sides of the sliding vane and side walls of
the chutes inside the cylinder is ignored for simplifying the model.
2.3.

Governing Equations and Numerical Setup

In this study, the choice of physical models are mass, momentum and energy conservation equations,
respectively. According to the ANSYS Fluent Theory Guide, these three equations are expressed as
follows.
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Since the RNG k-εtwo-equation model is more suitable and accurate for simulating the compression
process of the compressor than other turbulence models, the RNG k-εtwo-equation model is chosen
to account for turbulence. And the equations are shown in follows.
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In order to make the process of simulating refrigerant gas compression more realistic, the NIST real
gas model is chosen. And the fluid material from the REFPROP database can be loaded into Fluent.
Then R32 and R125, which are the constituents of R410A, are selected for simulation calculation.
Therefore, all physical properties (density, specific heat, thermal conductivity, viscosity and so on)
of R410A used in the simulation are close to real physical properties of R410A, which makes the
simulation results more authentic.
Table 1. Summary of boundary conditions

Suction port Injection port
Discharge port
Remaining
Pressure
Pressure
Non-slip and adiabatic wall (Pcompression<=Pdischarge) Non-slip and
inlet
inlet
Pressure outlet (Pcompression>=Pdischarge)
adiabatic wall
As shown in Table 1, the boundary conditions of the suction port and the injection port are set as
pressure inlet. Since the movement process of the reed valve of discharge port is difficult to simulate,
the motion of the reed valve is not considered in this study. Instead, the discharge port is set to the
pressure outlet, and only when the pressure in the compression chamber is greater than the exhaust
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pressure, the pressure outlet is open, otherwise the pressure outlet is closed. The remaining
boundary conditions are set as non-slip and adiabatic wall.
For this case, the mesh counted about 120000 cells. Since the 3D dynamic grid unsteady
computations proved to be extremely time consuming, the simulation time for a complete revolution
for a 3D case at 50Hz rotational speed took approximately 3.5 days on a PC with twelve-core Intel
Xeon CPU at 3.4GHz.

3. RESULTS AND DISCUSSION
3.1.

Theoretical Analysis of Rotary Compressor Without Vapor Injection

Geometry of the rolling piston compressor is shown in Fig. 1. According to the kinetic characteristics
and geometric structure of the rotary compressor, the variation of the volume of the compression
chamber and the suction chamber with the rotation angle can be obtained, as follows:

e
Eq. (6)
R
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Where vs is the volume of the sliding vane, and vx and vy respectively are the volume of the suction
chamber and the compression chamber.
The compression process can be regarded as an ideal adiabatic compression process since the
compression process of the compressor lasts for a short time. Hence, the compression process must
conform to the following equations.
Eq. (11)
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Where k denotes the adiabatic exponent of the vapor refrigerant. When the volume variation law of
the compression chamber is known, the relationship between the pressure, temperature and density
of the compression chamber as a function of the rotation angle can be obtained by the above
equations.
3.2.

Comparison of Theoretical and Simulation Results of Rotary Compressor Without
Vapor Injection

In order to verify the correctness of the simulation model, the compression process of the rotary
compressor without vapor injection is simulated. By comparing the simulation results with the
theoretical results, it is easy to know whether the setting of the simulation model is reasonable and
reliable.
In the simulation, the suction and discharge pressures are set to 0.573MPa and 3.206MPa
respectively. And R410A was chosen as the refrigerant for the compressor. Analysis of the
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simulation results found that the solution becomes periodical after about 2 revolutions. The
comparison of theoretical and simulation results of rotary compressor without vapor injection is
shown in Table 2. From Table 2, it is easy to see that the difference in mass flow rate between
suction and discharge port is within 1%, which indicates that the calculation results have been
relatively stable. In addition, both of the suction and discharge mass flow rates of the simulation
results are relatively small relative to the theoretical values. And the simulation results are about 11%
smaller than the theoretical calculation results. The reason for the difference between the simulation
results and the theoretical results is that there is a radial clearance in the simulation, which causes
the relatively high-pressure refrigerant gas of the compression chamber to leak into the relatively
low-pressure suction chamber through the radial clearance. But in the theoretical calculation, the
radial clearance is not considered. In fact, the volumetric efficiency of the compressor is generally
about 90%. Therefore, it is reasonable for the simulation results to be smaller than the theoretical
calculation results.
Table 2. Comparison of Theoretical and Simulation Results of Rotary Compressor without Vapor
Injection

Calculation method
Theoretical results
Simulation results
Mass flow rate of suction port per revolution (g/r)
0.411
0.363
Mass flow rate of discharge port per revolution (g/r)
0.411
0.366
During the simulation, by monitoring the mass flow rate of the suction and discharge ports, the
suction and discharge pressure, temperature and density, the variation of these parameters with the
rotation angle can be obtained. Fig. 3 plots the variation of the mass flow rate and pressure including
theoretical results and simulation results with the angle of rotation. Nevertheless, the mass flow rate
curve of simulation results fluctuating and less than the theoretical calculation results. This is
because of that the pressure of the suction chamber is smaller than the suction pressure in the actual
process, and it is not equal to the suction pressure. In the theoretical calculation, the pressure of the
compression chamber is equal and equal to the suction pressure. Therefore, the simulated value of
the refrigerant gas mass flow rate of the suction port is smaller than that of theoretical calculation
value. In addition, there is leakage of refrigerant gas in the clearance between the compression
chamber and the suction chamber, resulting in the mass flow rate of the suction port being lower
than the theoretical calculation results. When the compressor begins to compress, there is a
backflow of refrigerant gas at the suction port, which causes mass flow rate fluctuations near the
suction port. And the reasons for that the pressure curve of simulation results fluctuating and less
than the theoretical calculation results are similar. In general, according to the curves in Fig. 3, it is
pretty straightforward to know that the simulation results are in good agreement with the theoretical
calculation results, which means that the model used to simulate the internal compression process
of the compressor is very suitable.

(a)

(b)

(c)

Figure 3: Comparisons of theoretical calculation results and simulation results; (a) Variation of
refrigerant gas mass flow rate of suction port with rotation angle; (b) Variation of refrigerant gas
mass flow rate of discharge port with rotation angle; (c) Variation of refrigerant gas pressure with
rotation angle in compression chamber;

3.3.

Simulation Results of Rotary Compressor with Vapor Injection

For the simulation model of the rolling piston compressor with vapor injection, the only difference for
the simulation model without vapor injection is the addition of the injection port. Since the model has
a good effect on the simulation of the compression process of the compressor without vapor injection,
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the simulation model should also be able to accurately predict the processes of the suction,
compression and discharge of the compressor with vapor injection.
For the simulation of compressor with vapor injection, the suction, injection and discharge pressure
are set to 0.573MPa, 1.355MPa and 3.206MPa respectively. The simulation results with vapor
injection are shown in Table 3. According to Table 3, it is found that the simulation result of the
suction mass flow rate with the injection port is 11.3% smaller than that without the injection port, but
the discharge mass flow rate is 3.2% larger.
Table 3. Comparison of simulation results with or without injection ports

With or without injection port
Mass flow rate of suction port per revolution (g/r)
Mass flow rate of injection port per revolution (g/r)

Without injection
port
0.363
0

With injection port
0.322
0.052

Mass flow rate of discharge port per revolution (g/r)
0.366
0.378
Additionally, the comparisons of simulation results with or without the injection port are shown in Fig.
4. From Fig. 4(a), whether or not the injection port has a great influence on the suction mass flow
rate since the simulation results of the suction mass flow rate are so different. It is difficult to
distinguish the difference between the two from Fig. 4(b) because of the difference in the discharge
is only 3%. Furthermore, Fig. 4(c) shows the variation of injection mass flow rate with rotation angle.

(a)

(b)

(c)

Figure 4: Comparisons of simulation results with or without injection ports; (a) Variation of
refrigerant gas mass flow rate of suction port with rotation angle; (b) Variation of refrigerant gas
mass flow rate of discharge port with rotation angle; (c) Variation of refrigerant mass flow rate of
injection port with rotation angle;

Figure 5: Distribution of streamtraces and velocity vector; (a) 360°+315°, with injection port; (b)
360°+315°, without injection port; (c) 360°+360°, with injection port; (d) 360°+360°, without injection
port
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Fig. 5 shows the distribution of pressure, streamtraces and velocity vector. By comparing Fig. 5(a)
and Fig. 5(b), it can be clearly found that when the compressor is operated to the same angle
(360°+315°), there is a backflow at the suction port of the compressor with injection port, but there
is no backflow at the suction port of the compressor without injection port. In addition, by comparing
Fig. 5(c) and Fig. 5(d), it is easy to know that whether there is injection port or not, there will be
backflow at the suction port of the compressor when the compressor is operated to about 360
degrees. Therefore, the injection port has a large influence on the flow state of the compressor
suction port. In the process of designing the compressor with vapor injection, it is very meaningful to
properly set the position of the injection port to reduce the backflow of the suction port for reducing
the power consumption of the compressor.
Fig. 6 shows the streamtraces distribution of different rotation angles of the compressor with vapor
injection in 3D. It is easy to see the internal refrigerant gas flow path of the compressor, which is
very helpful in analyzing the effect of the injection port on the internal flow of the compressor. At the
same time, this also provides some reference for designing the compressor with vapor injection.

Figure 6: Streamtraces distribution of different rotation angles of the compressor with vapor
injection in 3D

Pressure and temperature distribution of different rotation angles of the compressor with vapor
injection are shown in Fig. 7. From Fig. 7, it can be clearly seen that the pressure in the compression
chamber of the compressor is gradually increased until the pressure reach to discharge pressure,
and the pressure distribution in both the compression chamber and the suction chamber is uniform.
Similarly, the temperature of the compression chamber is gradually increased, but the difference is
that the temperature distribution is not as uniform as the pressure distribution, and it is obvious that
the high-temperature refrigerant gas leaks into the relatively low-temperature suction chamber from
compression chamber and clearance volume. The reason for the difference in temperature
distribution and pressure distribution is that the pressure balance propagates at the speed of sound,
while the temperature balance propagates with convection and diffusion, and the propagation speed
of the two are not on the same order of magnitude.

Figure 7: Pressure and temperature distribution of different rotation angles of the compressor with
vapor injection
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4. CONCLUSIONS
A three-dimensional dynamic numerical model was established to simulate the transient process of
internal flow, suction and discharge of the rolling piston compressor by using the commercial CFD
solvers FLUENT and dynamic grid technique in this paper. And the distribution of temperature,
pressure and streamtraces of the compressor with and without injection port were carried out at
different rotation angles, as well as the variations of refrigerant mass flow rate of suction, injection
and discharge port with rotation angle. By comparing the simulation results with the theoretical
results of the compressor without vapor injection, it is found that the simulation results can be better
agreement with the theoretical results, which verifies the reliability and practicality of the model.
Meanwhile, the simulation results with and without the injection port are compared and analysed,
including the distribution of streamtraces and refrigerant mass flow rate of suction and discharge
ports. The simulation results show that the injection port has a great influence on the internal flow
field and the mass flow rate of suction port and discharge port of the rolling piston compressor.

NOMENCLATURE
p
b
h
L
R
θ

pressure (kPa)
thickness of sliding vane (m)
length of the sliding vane into the cylinder (m)
height of the cylinder (m)
inner radius of the cylinder (m)
Rotation angle of compressor (°)

v
e
k
r
T

volume (m3)
eccentricity (m)
adiabatic exponent
outer radius of rolling piston (m)
temperature (K)
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ABSTRACT
The flow and heat transfer characteristics of packed beds, integral in heat recovery technologies,
are particularly dependent on corresponding pore structures. However, the meso-structure is always
neglected to simplify the issues in related studies. Therefore, this paper presents a novel 2D porescale CFD simulation method to investigate the influence of design and operating parameters on the
performance of the thermal energy storage system. The proposed method is performed based on
structurally typical sections picked up from 3D realistic packed bed models in virtue of two-point
correlation. Validation of the computation results with the experimental data has shown a good
agreement. Additionally, cases were run to systematically analyze the combined effect including,
particle size and compaction degree. Accordingly, when the reciprocal of the vessel-to-particlediameter ratio, 1/N, is decreased 0.035, the mean steady temperature of the system increases by
approximately 1.2% and the pressure drop increases by approximately 35%.
Keywords: sensible heat storage; packed bed; heat transfer; pressure drop.

1. INTRODUCTION
The thermal energy storage (TES) has become one of the main topics of interest in the field of
building energy efficiency because TES has a promising potential in effectively exploits renewable
energy (Diaz-Gonzalez et al, 2012) and waste heat capture, which would enable the application of
advanced energy utilization schemes to HVAC in buildings (Mehling and Cabeza, 2008). The
currently available TES technologies can be summarized into the sensible heat storage and latent
heat storage (Zhang et al, 2016). Sensible TES, especially sensible heat stored by the packed bed,
has been widely developed for commercial implementation and extensively used because of its
remarkable characteristics, such as a long service life, economic efficiency and good compatibility
with other systems. To enhance the operation performance further, many experiments exploring
sensible heat storage in packed beds have been conducted (Anderson et al, 2014, McTigue, 2016).
However, the development of sensible TES requires investigating many factors, including the
geometry, thermophysical properties and operational parameters, in order to complete an optional
design in some sense (Marti et al, 2018). The numerical method is an effective and practical way to
cope with this serious difficulty. The current published researches on the simulation of heat transfer
in a packed bed can be classified into two categories: (1) modeling without considering the pore
structure and (2) modeling with a realistic physical structure. The most popular mathematic model of
the first category, which was first developed by Schuman (Schumann, 1929), still has a wide access
in simulating the heat storage in a packed bed (Hänchen et al, 2011, He et al, 2017). However, the
inhomogeneous bed structure leads to significant wall effects, local backflows and, hence, to large
axial and radial gradients of velocity, pressure and temperature (Handley and Heggs, 1969).
Neglecting the pore structure of the packed bed seriously limits the ability of the model in analyzing
and optimizing the system. Moreover, the heat transfer coefficients in the models of the first category
are always determined by an empirical equation, which makes a specific model not credible when
the storage mediums change. In the second category, modeling with a realistic structure has recently
become available with advancements in computed tomography technology (Johnson et al, 2017).
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Packed beds with ordered structure (Li et al, 2017, Wang et al, 2018) and limited particle amount
less than 500 (Dong et al, 2017) have been modeled and the pore-scale flow and heat transfer in
the packed bed have also been studied. However, the modeling with a realistic physical structure
remains challengeable for pilot-scale reconstruction model because of the difficulty in meshing with
a complex geometry boundary and an enormous computing time.
In brief, although modeling without pore structure are still used in engineering applications, they are
gradually losing competitiveness in the development and optimization of storage systems.
Additionally, the enormous workload and computation make it less practical to simulate the storage
process with a realistic 3D physical structure at the system scale. Hence, this paper proposes a
novel modeling approach to bridge the two currently existing categories, which balances the
computational cost and the physical reality. In the present study, physical models are built by
simulating the falling and packing process of uniform spherical particles with Discrete Element
Method (DEM). Then, the most representative section is selected through a structural analysis with
a two-correlation function and validated by the numerical method. Moreover, a 2D two-phase model
based on the chosen section is developed. Finally, the proposed model is applied to predict the
dynamic thermal performance of the packed bed on a pore scale.

2. GEOMETRAICAL MODEL
2.1.

3D Physical Model of the Packed Bed

The ‘pipe in pipe’ system used in this paper is depicted schematically in Fig. 1 (a, b). The inner pipe
is cylindrical vessel containing the storage particles (aluminium particles) and the outer pipe is
equipped with insulations. For the purpose of obtaining the realistic physical packed bed structure,
the process of pouring particles into the inner vessel, is simulated with DEM method. Additionally,
the static friction coefficient is further studied to generate a preferable physical structure. The static
friction coefficient among particles is set to 0.06 (Etsion et al, 2005) and the static friction coefficient
between the particle and flat is set to 0.3 (Zhang et al, 1995). Fig. 1 (c) illustrates the pore structure
of packed bed generated by the DEM simulation.

(a)
(b)
(c)
Figure 1: Schematic of the thermal energy storage (a, b) and structure of the packed bed (c)

2.2.

2D Structurally Typical Section

If the packed bed structure is an isotropic, a 2D structurally typical section could be picked up with
two-point correlation function. The structural characteristics of the selected section determines that
whether the flow and heat transfer process based on the section is representative of that in 3D
model. Therefore, the analysis can be simplified into storage based on a 2D typical section and it
will be verified in the 4.1. The structural analysis is applied to the packed bed along the ring direction,
which is achieved by a two-point correlation function given by Berryman (Berryman and Blair, 1986):

S2 (r ) =< f ( x) × f ( x + r ) >

Eq. (1)

where the brackets <·> indicate a volume average over spatial coordinate x, r is the distance of the
two points and f(x) is a characteristic function with a value of either 0 or 1. For a two-phase porous
media, we can define the void phase with a value of f(x) = 1, whereas the solid phase has a value of
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f(x) = 0. The most important aspects for the present application of the two-point correlation function
are as follows (Berryman 1985):

S2 (0) = f ; lim S2 (r ) = f 2

Eq. (2)

r ®¥

where ϕ is the porosity. As r increases, the correlation of the two points drops from approximately ϕ
to ϕ2. The two-point correlation are applied to the 6 cross-sections captured from 0° to 150° with a
step of 30°, shown in Fig. 2, which is the top view of the Schematic of the vessel.

Figure 2: Schematic of the employed sections in the packed bed for structural analysis

3. MATHEMATICAL MODEL
The proposed model analyzes the flow and the heat transfer in the packed bed with reasonable
assumptions, including that the heat fluid (compressed air) satisfies the ideal gas law and the flow is
considered to be laminar. Standard conservation formulations of momentum, mass and energy are
applied using the commercial CFD software FLUENT. Moreover, the natural convection on the outer
wall is calculated in the form of the third boundary condition whose heat transfer coefficient is related
to the vertical height growth. The heat transfer coefficient is preliminarily calculated by Eqs. (4, 5)
proposed by Fevre (LeFevre, 1956) and further modified by Eq. (6) proposed by Tetsu (Tetsu and
Haruo, 1970). Additionally, the heat transfer between heat fluid and storage particles is determined
by the coupled condition, which calculates the heat transfer directly.
1/ 4

é 7Gr( x) Prair2 ù
Nu( x) = ê
ú
ë100+105 Prair û

Gr( x) =

+

4(272 + 315 Prair ) x
h x
= wall
35(64 + 63 Prair ) Dout
kair

g (Tsurface - T¥ ) x3
u 2 (Tsurface + T¥ )

(Nu)c = (Nu) p + 0.435

Eq. (4)
Eq. (5)

x x
, £ 0.7(Nu) p
rw rw

Eq. (6)

In order to assess the grid independency, the Grid Convergence Index (GCI) analysis (Celik et al,
2008) is applied to the case utilizing 3 different meshes, consisting of (1) 1283082; (2) 701005; and
(3) 382285 cells. The element ratio for the 3 meshes, Ni+1/Ni, is approximately 1.35. The operating
conditions used for the GCI analysis refer to the case utilizing the laminar model with the boundary
conditions and physical properties set mentioned above. The four parameters, the mean temperature
and mean velocity at the outlet and the medial plane, are present in Table 1.

Φ1
Φ2
Φ3
P
GCI (%)

Temperature at
outlet (K)
383.691
383.698
383.801
8.91
1.55×10-4

Table 1. Grid Independency

Temperature at
medial plane (K)
388.759
388.753
388.772
4.24
4.46×10-4

Velocity at outlet
(m/s)
0.349
0.347
0.338
5.37
0.13
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Velocity at medial
plane (m/s)
0.459
0.4534
0.4326
4.35
0.41
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The results show that asymptotic behaviors of both the temperature and velocity are reached with
the GCI below 1%. According to Table 2, the mesh (2) (N2 = 701005) is adopted for the analysis
performed in this study. Moreover, simulations are performed until the normalized residuals fall below
1×10-5 (1×10-7 for energy equations) for all equations. The transient solutions are obtained by
applying coupled algorithms to solve the momentum and community equations together in a
relatively large time step of 200 s between each set of results.

4. RESULT AND DISCUSSION
4.1.

Validation

The predictions of 2D CFD model with a realistic structure were first demonstrated to be reasonable
by comparing the heat transfer in different sections of the same packed bed. Then, the simulation
result were compared with the experimental data to further validate the proposed model.
Firstly, it is necessary to verify that the simulated storage process based on the selected section is
representative. The two-point correlations of different sections of the same packed bed are shown
in Fig. 3 (a). Regarding the correlation, the 60° section and the 120° section are the two closest
sections to the average, indicating that these two items have the most similar structure with the 3D
packed bed, statistically, while 0° section deviates from the average, symbolizing the most
unrepresentative section. These 3 sections were utilized to prove that modeling based on a typical
section is rational. As shown in Fig. 3 (b), the real-time heat flux on the particle surfaces of the 3
sections are close on the whole. Nevertheless, the heat transfer of the 0° section is considerably
lower at the beginning of the storage process because of the slightly dense packed structure
compared with the other two sections. However, it gradually draws closer to the others over time.

(a)
(b)
Figure 3: (a) Two-point correlation of different sections (left). (b) Average heat flux of employed
sections (right)

In the second part, to further prove the reliability of the presented method, the numerical data is
compared with the experimental data from Anderson (2014). As seen in Fig. 4, the axial temperature
distribution predicted by the model coincides well with the experimental data at different stages of
the storage process. The model is capable of predicting the storage performance of the packed bed.

(a)

(b)
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(c)
(d)
Figure 4: Comparison of the simulated axial averaged temperature profiles (lines) with experimental
measurements (a) 2000 s, (b) 3000 s, (c) 4000 s and (d) steady state

4.2.

Particle Size

The size of constituent uniform particles not only results in various porosity but also a series of clearly
distinct parameters, including void configuration, specific surface area, and pore size distribution.
These differences all influence the flow and heat transfer in the packed bed to some degree.
Therefore, 6-, 8- and 10-mm particles are employed to pack under the same force, and the
corresponding simulation results are illustrated in Fig. 5. Comparisons of the predicted pressure drop
and the Ergun solutions (Ergun, 1952) are presented in Fig. 5 (a). As shown, all three models provide
a reasonable pressure drop that match well with the Ergun equation, in which the models with smaller
particles (6 and 8 mm) are virtually identical with the analytical solutions. Additionally, the pressure
drop of a 10-mm packed bed shows that the packed bed with higher N, the ratio of the vessel
diameter and particle diameter directly lead to higher boundary effect, higher porosity in near wall
region, which results in the deviation pronounced at the section simulation. Additionally, when 1/N
decreases 0.035, the pressure drop increases approximately 35%, i.e., a larger flow resistance. The
pressure drop is drastically influenced by the slight fluctuations of the porosity. Fig. 5 (b) shows the
transient average heat flux at the particle-fluid surface and Fig. 5 (c-d) plots the axial temperature
profile and the instantaneous exit temperature, respectively. The average heat flux drops as the
particles diameter decreases due to the larger specific surface area, which also contributes to a
relatively slower and longer storage process. Moreover, the 6-mm particle packed bed has a smaller
void region, which determines a higher steady temperature than other two models, partly because
of the larger specific surface area and partly because of the larger storage volume. When 1/N
decreases 0.035, the mean steady temperature of the system increases approximately 1.2%.
However, it is questionable to pack with particles as small as possible, as it sacrifices the smooth
stream for a slight improvement in storage ability.

(a)

(b)
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(c)
(d)
Figure 5: (a) Comparison of the axial averaged pressure profiles (lines) with the Ergun equation, (b)
average heat flux at the particle surface, (c) axial averaged temperature profiles with lines
representing 2000 s, 4000 s and steady state from left to right, respectively and (d) the exit
temperature as a function of time.

4.3.

Compaction Degree

Different stresses acting on the same size particles directly give rise to packed beds with different
porosities, which is crucial for the sensible heat storage performance. Three models that are
generated under various suppositional accelerations of gravity, 9.8, 98 or 980 m/s², are employed to
represent free falling, loose and dense packed beds. As shown in Fig. 6 (a), the pressure drop
increases with the enhanced compaction degree. However, they do not show a linear correlation.
Fig. 6 (b) illustrates the axial temperature distribution of the 3 models at different times. As shown,
there are not obvious differences among the steady temperature of the system. On one hand, the
smaller porosity arising from less stress leads to a larger flow resistance in the packed bed, which is
usually negative for the heat transfer between the particle and heating fluid (Anderson et al, 2014).
On the other hand, the enhanced specific surface area is positive in respect to the heat storage.
Therefore, under the combined influences of the porosity and the specific surface area, the steady
axial temperature distributions of the 3 beds are similar. Additionally, a denser packed bed is always
heated slower, particularly in the region nearby that exist during the storage period, which means it
requires a relatively longer time to reach the steady state.

(a)
(b)
Figure 6: (a) Comparison of axial averaged pressure profiles (lines) with the Ergun equation, (b) axial
averaged temperature profiles with lines representing 2000 s, 4000 s and steady state from left to right,
respectively.

5. CONCLUSIONS
A novel 2D fluid-solid coupling model with a realistic pore structure is presented for reasonably
predicting the flow and heat transfer in a packed bed thermal energy storage vessel using
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compressed air as the heating fluid and aluminium particles as storage medium. The presented
model is performed on a structurally typical section, extracted from a physically realistic 3D model in
virtue of two-point correlation. Meanwhile, the physically realistic 3D model is obtained by simulating
the packing process of the particles with DEM. Good agreement is found between the numerical and
measured axial temperature profiles collected in a packed bed. Additionally, the simulated pressure
drop is consistent with the analytical solutions calculated by the Ergun equation, which is a
semiempirical correlation. The proposed method considers considerably more effective factors,
including the particle size, specific surface area, mesoscopic structure, and temperature gradient
inside the particles, instead of a single structural parameter, i.e., porosity, that makes the model
advanced in the optimal design of the storage vessel. For packed beds whose vessel-to-particlediameter ratio, N ranges from 5 to 10, the pressure drop and the mean steady temperature are
proportional to the particle size. When 1/N is increased 0.035, the mean steady temperature of the
system decreases by approximately 1.2% and the pressure drop decreases by approximately 35%.
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ABSTRACT
This article reports on the development of a mathematical model for a finned tube condenser, which
is a part of the heat exchanger in a heat-pump tumble dryer. The purpose of this model was to
determine the number of tube rows with respect to the minimal mass and volume of the condenser,
while maintaining the energy efficiency. The analysis was based on the Ɛ-NTU method, which was
further evaluated by the experimental data obtained from measurements performed on a commercial
heat-pump tumble dryer. The model can be broadly used for different geometries, refrigerants and
air velocities to evaluate the condenser’s performance. The numerical results show good agreement
with the experimental data; the difference between the predicted and measured outlet air
temperatures being less than 4.5%. According to the numerical results, a new condenser, with a
28.5% reduction in the initial size, was designed and tested.
Keywords: Condenser, Finned Tube, Heat Exchanger, Heat Pump, Heat Transfer, Modelling.

1. INTRODUCTION
In the modern world, tumble dryers represent a quick solution for high-density living conditions in
cities, air pollution and a rapid method of drying clothes that is independent of daily weather changes.
Since a considerable amount of energy is used for clothes drying, the demand for more energyefficient tumble dryers has increased. The integration of a heat-pump represents a very interesting
option from the perspective of energy and cost savings. Heat-pump tumble dryers consume up to
50% less energy compared to conventional condenser dryers (Bush et. al, 2007). This significant
improvement in energy efficiency has increased their domestic use considerably: in the US and EU,
trends show a growing number of households with a tumble dryer. While in 2015, over 92.5 million
US households owned a tumble dryer, an increase to 105.8 million is expected by 2025 (U.S. Energy
Information Administration, 2017). The heat-pump tumble dryer’s performance and energy efficiency
as well as the drying time have been actively investigated either with experiments or with computer
models. Braun et al. (2002) used simple models to compare the energy efficiency of heat-pump
tumble dryers with conventional air-vented dryers. TeGrotenhuis et al. (2017) developed a
computational model to design a hybrid heat-pump clothes dryer. This model predicted an energyfactor increase of more than 90% compared to a standard electric vented clothes dryer. The energy
factor was determined as the ratio of dry load weight to the total power consumed during the drying
cycle. Based on 27 experimental tests with heat-pump tumble dryer, Gatarić et al. (2018) developed
linear-regression models for fan speed, drum speed and mass load, as well as their impact on the
energy consumption and the drying time. They found that a large mass load, a high drum speed,
and a low fan speed contributed to the highest energy efficiency. Jiang el al. (2006) presented a
detailed simulation tool for design and optimization of air to refrigerant heat exchangers. A
combination of modelling and experimental set-ups for heat-pump system development was
investigated by Pal and Khan (2008), Saensabai and Prasertsan (2003), Bengtsson et al. (2014) and
Peng et al. (2017). In this paper, a similar approach to condenser modeling as presented by Pal and
Khan (2008) and Parise and Tiecher (2012) will be presented.
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2. EXPERIMENTAL SETUP
The experimental setup consisted of a commercial heat-pump tumble dryer with a maximum dry load
capacity of 8kg. All the tests were performed according to the standard procedure for tumble dryers,
IEC 61121 (2013). For this reason, a walk-in thermostatic chamber was applied to maintain the
ambient conditions of 23 ± 2°C and 55 ± 5%, respectively. All the sensors were connected to a
DEWE-50-USB2-8 data-acquisition system and a computer for the data recording, monitoring and
processing. The data was recorded at one-second intervals. In order to verify the mathematical
model, nine thermocouples of type T (±1°C uncertainty) were used, located as shown in Fig. 1. The
condensing and evaporating pressure were measured using Cerabar T PMC 131 (± 0.2 bar
uncertainty) pressure transducers. The electrical current of the compressor was measured using
Dewetron PNA-CLAMP-5 (± 0.5% uncertainty) current clamps. Before starting the measurements,
the conditioned cotton test load (7934g) was wetted and spin dried with a washing machine to reach
a textile moisture content of 60% ±1%. The textiles were inserted into the drum in a certain order,
always following the same procedure, as described by Gatarić et al. (2018). All the tests were
performed using the standard cotton drying program (IEC 61121). The moisture content of the
textiles after drying had to be equal to 0%±3%, to be considered dry, otherwise the test was not
considered to be valid.
Tair,3, Tair,4
Tref,5

Capillary
tube

Condenser

Tref,4

Tref,3
Tref,2
Drum
Compressor

Evaporator

Tref,1

Tair,1, Tair,2
Figure 1: Scheme of the heat-pump system in a commercial tumble dryer

A heat-pump tumble dryer consists of the air and refrigerant circuits, as shown in Fig. 1. The
refrigerant circuit, also known as the vapour-compression cycle (Fig.2), combines four main
components: an evaporator, a compressor, a condenser and a capillary tube. The refrigerant enters
the compressor (2a) as a slightly superheated vapour, where it is compressed to a higher pressure
and consequently a higher temperature, as illustrated in Fig. 2. At the condenser inlet (3), the
refrigerant is in the thermodynamic state known as a superheated vapour. The condensation starts
as a result of the heat rejection to the cooled, dehumidified air (3a). A subcooled refrigerant at the
condenser outlet (4a) enters the capillary tube, where it is throttled to the evaporator pressure (1).
After expansion, a low-quality saturated mixture enters the evaporator, where the liquid part of
refrigerant evaporates by absorbing latent and sensible heat from the air. A superheated vapour at
the evaporator outlet enters the compressor (2a), thereby repeating the cycle.

Figure 2: log p-h and block diagram for refrigerant phase changes inside the condenser
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2.1.

Condenser

The condenser consists of seven tube rows in the direction of the air flow and forms a cross-flow
heat exchanger. The internal surface of the tubes is grooved, while the air-side heat transfer is
increased with wavy aluminium fins arranged along the tube’s length. The condenser’s specification
can be found in Table 1. A new condenser, with five tube rows and with the same geometry
specifications as the existing condenser, was designed from the results of the mathematical
modelling. The only difference between the condensers, besides the number of tube rows, was in
the refrigerant charge. In order to compare the condenser’s performance, the same superheating
during the drying cycle must be ensured. Therefore, the refrigerant charge was adjusted from 340 g
for the condenser with 7 tube rows to 310 g for the five-tube-rows condenser.

3. MODELLING THE CONDENSER
The condenser was modelled using Python (Python Software Foundation, version 2016.1.1.), while
the thermodynamics properties of the refrigerant and the air were calculated using an open-source
thermophysical library CoolProp (Bell et al., 2014). The developed model could predict the air outlet
temperature and the heating power for different geometries. The number of tube rows for the existing
condenser was gradually reduced to find the optimal size. The modelling procedure is presented as
a flow chart in Fig. 3 and the input parameters are shown in Table 1.
3.1.

Assumptions

To develop the mathematical model, the following assumptions were made:
 The refrigerant pressure drop through the heat exchanger is negligible
 The heat transfer in the fin’s z- direction can be neglected
 The air temperature along the y-direction is constant
 The air can be treated as an ideal gas
 The downstream rows have a negligible effect on the heat transfer from the upstream rows
 The analysis is performed under steady-state conditions
 The heat losses to the surroundings and the air leakages of the internal system to the
surroundings are neglected
Table 1. Input data for modelling

Input data

Heat exchangers parameters [mm]

Air flow rate [m /h]
3

[190-230] Height

150

Fin thickness

0.12

Refrigerant mass flow rate [g/s]

13.7

Width

273

Microfin height

0.24

Inlet air temperature [°C]

33.5

Depth

165

Tube thickness

0.25

Refrigerant outlet temperature [°C]

56.6

Finned length

273

Tube pitch

21.65

Condensing temperature [°C]

61.7

Tube outer
diameter

7.37

No. of tubes
rows

7

R134a

Fin spacing

1.8

No. of tubes in
height

6

Refrigerant type

Each control volume of the condenser is treated as a single cross-flow heat exchanger, where the
outlet air and the refrigerant temperatures were determined using the ɛ - NTU method. The numerical
calculation is divided into three phases, namely, the de-superheated, the condensation and the
subcooled phase, as shown in Fig. 2. In the first phase, the refrigerant enters the condenser as a
superheated vapour, and during the second phase, the heat is removed from the refrigerant, causing
the vapour to change into a liquid. When most of the vapour has been condensed, the final phase
starts. During this stage, the refrigerant is subcooled and enters a capillary tube in liquid form,
allowing the capillary tube to work properly.
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Input data
Input
data

Calculations
Calculations

Model output
Model
output

Dimensions of heat
exchanger

Calculate properties of air
and refrigerant

Outlet temperature of air and
refrigerant

Refrigerant mass flow rate

Define the location of a
refrigerant s phase change

Heat exchanger power

If Tref > Tsat
1 PF (liquid)  2 PF

If Qair > Qcond
2 PF  1 PF (gas)

Variable air flow rate

Air inlet temperature
Refrigerant outlet
temperature
Condensation temperature

Calculate:
- dimensionless numbers: Re, Pr
- fin efficiency for a staggered
tube layout and the overall
surface efficiency

Determine NTU and
effectivness for a cross flow
heat exchanger
Single
phase flow

Two phase
flow

Define heat transfer
coefficient for air

Define heat transfer
coefficient for a refrigerant in
microfin tubes
Single
phase flow

Two phase
flow

Results consistent with
experimental data

No

Yes
End

Figure 3: Flow chart for the modelling process of the condenser
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A numerical calculation starts with a control volume at the refrigerant outlet in the direction of the air
flow, as illustrated in Fig. 4. The condenser domain is divided into seven control volumes, each
having six sub-dividable segments that represent the tube rows. If the refrigerant undergoes a phase
change within the tube, tube is divided into two separated parts. For the plain fin and the tube heat
exchanger with a staggered tube layout, the fins are approximated with hexagons, as suggested by
Schmid (1945). The calculated outlet temperatures of the air and the refrigerant for control volume i
represent the input values for the control volume i+1. In the first control volume, the Ɛ-NTU equations
for the single phase flow are used to determine the heat transfer between the fluids. When the
refrigerant’s outlet temperature is higher than the condensation temperature, the location of a
refrigerant’s phase change is defined and so the tube is divided into two segments. The outlet
temperatures are calculated following the work of Cavallini et al. (2009) for two-phase flow. When
the total condensation heat flux (𝑄̇𝑐𝑜𝑛 = 𝑚̇𝑟𝑒𝑓 ℎ𝑙𝑔 ) is used for heating the air, the condensation
segment ends and the calculation for the de-superheated phase starts.

Figure 4: Control volume divided into 6 segments with a hexagon shape.
Table 2. Correlations used in this paper

Description

The number of transfer units and the effectiveness for a cross-flow
heat exchanger – single-phase flow, two-phase flow
The fin efficiency for a staggered tube layout
Colburn factor correlation for air-side heat-transfer coefficient for
herringbone wave fins
The heat-transfer coefficient for a single-phase flow in internally
finned tubes
The heat-transfer coefficient for a two-phase flow in internally finned
tubes

Author

Shah and Sekulić (2003)
Schmid (1945)
Youn and Kim (2007)
Ravigururajan and Bergles
(1996)
Cavallini et al. (2009)

4. RESULTS
The mathematical model was employed to simulate the condenser’s performance, as well as the
phase state of the working fluid inside the condenser tubes. This helped us to determine and reduce
the condenser’s size for subcooling, condensation and de-superheating. As previously mentioned,
the mathematical model of a condenser was divided into seven main control volumes, with six subdivided segments. In Table 3, the average air and refrigerant temperatures for individual control
volumes are shown for the 100th minute of the drying time. For the analysed cross-flow heat
exchanger, the first control volume represents the air inlet, while the defined temperature of the
refrigerant in the first control volume corresponds to a condenser outlet. As shown in Table 3,
condensation takes place in more than 70% of the total condenser’s area. Therefore, subcooled and
de-superheated phases represent a smaller part of the condenser’s area, i.e., 10% and 20%,
respectively.
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Table 3. Results obtained with the mathematical model

CV

Condenser with 7 tube rows

Condenser with 5 tube rows

Refrigerant

Refrigerant

Tin
[°C]

Tout
[°C]

Air
Tin
[°C]

CV

Tout
[°C]

Air

Tin
[°C]

Tout
[°C]

Tin
[°C]

Tout
[°C]

56.6 61.7 33.5 46.1 SC/C
1
59
1
61.7 61.7 46.1 54.4
C
2
64.1
2
61.7 61.7 54.4 58.3
C
3
64.1
3
61.7 61.7 58.3 60.1
C
4
64.1
4
61.7 61.7 60.1 61.0
C
5
64.1
5
61.7 62.4 61.0 61.3 C/ SH
6
62.4 64.0 61.3 61.7
SH
7
*SC – subcooling, C – condensation, SH – de-superheating

64.1
64.1
64.1
64.1
64.5

33.4
46.9
56.0
60.3
62.3

46.9 SC/C
56.0
C
60.3
C
62.3
C
63.3 C/ SH

The results obtained with the mathematical model for the seven-row condenser showed that the air
outlet temperature in the fourth control volume is already close to the refrigerant’s condensing
temperature. It can be seen from Table 3 that the air outlet temperature increased by less than 1°C
between CV 4 and CV 5, and only by 0.3 °C between CV5 and CV 6. Therefore, the remaining part
of the heat exchanger (CV 5 and CV 6) intended for condensation is unnecessary and does not
contribute greatly to the airflow heating. Based on this assumption, a new condenser with five tube
rows was designed, experimentally tested and numerically analysed. To verify the performance of a
tumble dryer with a reduced-size condenser, the new condenser was integrated and tested in a heatpump tumble dryer. The Fig. 5 and Fig. 6 compared the superheating, the COP, the temperature
profiles at the condenser outlet and the evaporating and condensing pressure from the experimental
setup, for a condenser with 7 and 5 tube rows, respectively. As previously mentioned, superheating
affects the specific heating capacity of the system and in order to compare the performances of both
condensers, the same superheating during the drying cycle must be ensured first (Fig. 5). To obtain
this, the refrigerant charge was reduced for the condenser with 5 tube rows, from 340 g to 310 g.
The COP for a heat pump is determined as:
COPHP =

𝑄̇𝑐𝑜𝑛
𝑃𝑐

=

𝑚̇𝑟𝑒𝑓 (ℎ𝑐𝑜𝑛,𝑖𝑛 − ℎ𝑐𝑜𝑛,𝑜𝑢𝑡 )
𝑃𝑐𝑜𝑚

Eq. (1)

The condenser outlet air temperature has a great impact on the drying process and the drying time.
With a higher air temperature, the drying time decreases. Figure 6 shows that the difference in the
outlet air temperature between the 5- and 7-row condensers is negligible, which indicates that the
additional rows do not have a significant effect on the air conditions. Therefore, the assumption of
the mathematical model proves to be correct. However, the experimental results show a reduction
in the COP by approximately 13%, compared to the existing heat-pump dryer. The basic reason lies
in the fact that the condensing pressure increased, as did the compressor’s electrical power (Fig. 6).
A possible improvement should be found in the optimization of different components in the vapourcompression cycle, for example, refrigerant charge, different compressor, and capillary tube.

Figure 5: Superheating at the compressor inlet and COPHP for 7- and 5-row condensers
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Figure 6: Temperature profiles at condenser outlet and pressure conditions for 7- and 5-row
condensers

The results from the mathematical model and the experiment were compared for the 100th minute
of the drying time (Table 4). The model’s prediction of the outlet air temperature for the 7- and 5-row
condensers is satisfactory, with an accuracy of 4.4% and 1.4%. However, comparing the refrigerant
temperature, the model underestimated the outlet temperature (T ref,out) by 16.5% in the case of a
condenser with seven tube rows, and by 19.7% for a condenser with five tube rows. When comparing
the results from the model, it is important to point out that the air flow rate was not measured during
the drying cycle, but an approximate range of values was used as the input data. By measuring the
air volume flow, the accuracy of the model could be improved, although the air flow rate is not
constant during the cycle and it strongly depends on the air-pressure distribution. The volume of the
textiles inside the drum is changing during the drying time, which affects the pressure distribution
and therefore the air volume flow is difficult to measure.
Table 4. Comparison of experimental and numerical results

No.
rows
7
5

Tair, out
model
[°C]
61.7
63.3

Tair,out
Percentage
experiment
Error
[°C]
[%]
64.4
4.4
64.2
1.4

Tref,out
model
[°C]
64
64.5

Tref,out
experiment
[°C]
74.6
77.2

Percentage
Error
[%]
16.5
19.7

5. CONCLUSIONS
This study was focused on the development of a mathematical model of a condenser in a commercial
heat-pump tumble dryer. The results obtained from the modelling served to reduce the number of
tube rows for the existing condenser. Namely, an oversized heat exchanger unnecessarily increases
the volume, mass, refrigerant charge and price of the system. The output of the model showed that
the condensation area for a seven-row condenser is too extensive and does not contribute
considerably to the airflow heating. Therefore, a new condenser with five rows was designed and
tested. The experimental results showed the difference in the outlet air temperature between the 7and 5-row condensers is negligible. The model prediction of the outlet air temperature for the 7- and
5-row condensers is satisfactory, with an accuracy of 4.4% and 1.4%, respectively. The above model
will be helpful for the design and performance evaluation of finned-tube condensers.

NOMENCLATURE
C
COP
Cr
CV
h
hlg
𝑚̇

heat capacity (kJ×kg-1×K-1)
coefficient of performance (-)
heat-capacity ratio (-)
control volume (-)
specific enthalpy (J×kg-1)
latent heat of condensation(J×kg-1)
mass flow rate (kg×s-1)

𝑄̇
heat-transfer rate (W)
Ɛ
effectiveness (-)
Subscript
c
cold
com
compressor
con
condenser
h
hot
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NTU
P
PF
T

number of transfer units (-)
electrical power (W)
phase flow (-)
temperature (K)

in
max
out
ref

inlet
maximum
outlet
refrigerant
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ABSTRACT
Industrial heat pumps are not common in the UK. However, there is a large and untapped waste
heat energy resource that could be upgraded to useful heat in buildings and industrial processes,
but there is confusion as to the amount of this heat that is available. Industrial Heat is approximately
300 TWh/year in 2016 (DUKES – ECUK, 2017) and the available waste Heat = 1/6th available for
waste heat recovery (Element Energy, 2014) i.e. 50 TWh/year. If this was used for future district
heating networks, 28 TWh/year would be utilised in new networks (Element Energy, 2014).
Assuming a current household gas price of 3.69p/kWh (British Gas), the utilisation of 28 TWh/year
will displace over £1Bn of gas purchases annually. However, UK industrial electricity prices for large
energy users are almost 60% higher than the EU-15 median, while for medium and small/ medium
users, the price differential is over 40%. Higher performing heat pumps may provide an answer.
Keywords: Industrial Heat Pumps
1. INTRODUCTION
Heat pumps are undoubtably an element of decarbonisation of heating. Exceptions include high
temperature processes (steel, cement etc.) where biogas and/or hydrogen may be more suited in a
near zero carbon future. However, despite clear indications that near decarbonisation is a possibility
in the UK, there are considerable challenges for lower temperature heat processes that would
consider using heat pumps.
1.1 UK energy pricing – a challenge for Electrically Driven Heat Pumps?
Energy price data from Eurostat (2018) reveals electricity and gas price comparisons for industry
across Europe (Figure 1). While the UK does not have the worst comparator of electricity versus gas
price (UK = 3.39, Italy > 4.04), it is none the less second placed in this league table and as a
consequence, gas price is low relative to electricity price. In fact, the UK has the second lowest unit
price in Europe at 2.594p/kWh for gas with Denmark the highest at 6.478p/kWh (149% higher). For
electricity, the UK has the 10th most expensive rates at 8.794p/kWh with Cyprus the highest at
16.661p/kWh (89.45% higher). For this analysis, the comparator is of interest. Furthermore, given
the increased capital cost of an electrically driven vapour compression heat pump versus a gas boiler
of similar heating capacity, a heat pump seasonal performance factor (SPF) of 2.71 is the break
even in terms of running costs, taking no account of any capital cost differences. This SPF is that
necessary to overcome the price differential between electricity and gas when operating an
electrically driven vapour compression heat pump to provide a heating demand when compared to
providing heat from a heat pump when compared to providing heat from a conventional gas boiler.
The latter is the most common approach of industrial space and process heating in the UK.
However, the Renewable Heat Incentive in the UK can provide some assistance in capital cost
challenges with a 500 kWthermal heat pump operating for 5000 hours per annum receiving over
£2000/annum of additional support. However, an industrial air source heat pump will cost
approximately £140/kWthermal versus a gas boiler of £50/kWthermal and would require a payback period
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of approximately 20 years at the break-even SPF of 2.71. Therefore, an important factor is the
Seasonal Performance Factor.

Figure 1: Electricity and Gas Price Comparison for UK Industry

1.2 Performance of UK Industrial Heat Pumps
Hughes (2018) analysed the performance of 19 monitored trials of commercial and industrial heat
pumps in the UK. These were a mixture of ground source and air source units and seasonal
performance factors were considered ranging from the heat pump itself, the heat pump and its
internal fans and pumps, and the overall system performance including all auxiliary elements. Figure
2 illustrates the impacts of this review in terms of SPF. Regarding SPF, SPFH1 – Heat Pump only,
SPFH2 – Heat Pump and Pumps/fans etc., and SPFH4 – System performance including all
auxiliaries. Keeping in mind the approximate estimate of break-even SPF as being 2.71, the vast
majority of heat pumps are above this point, recognising that this is very application dependant.
These are noted in Figure 2 as SPFH1 (heat pump performance).

Figure 2: SPF Comparison of Monitored Commercial and Industrial Heat Pumps in the UK

However, the challenge is in the system and auxiliary components design and use. Therefore, in the
following analysis, improvements to the heat pump, improvements to the fans and pumps and overall
auxiliaries will be considered. The scatter in the examples of Figure 3 tends to indicate that there are
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huge improvements in both heat pump and its installation, but a general improvement is in the lower
the temperature lift (application dependant) and increasing the heat delivery heat transfer area i.e.
underfloor heating and/or larger radiators (building dependant). These are well known but need
constant reiteration coupled with end-user acceptability reinforcement to a different style of space
heating delivery.
2. Improving an Industrial Heat Pump
In operating industrial heat pumps, a number of elements are considered. These include improving
the overall performance of those operating under traditional space heating conditions to extending
the range for process heating applications. The role of alternative heat sources must also be
addressed.

Figure 3: Space Heating Applications for UK Commercial and Industrial Applications

2.1 Replacing R410a in Industrial Applications
In considering how to improve heat pumps, low Global Warming Potential (GWP) working fluids must
be utilised. A traditional heat pump i.e. that heating an underfloor hydronic system may replace
R410a with R32. This will see a drop in GWP from 2088 to 675 and the use of R32 will deliver a
COP that is similar to R410a e.g. Alabdulkarem et al (2015) or superior to R410a e.g. Mota-Babiloni
et al (2017). Heat pumps that utilise existing high temperature hydronic radiators could utilise R410a
at the lower temperatures encountered e.g. <60˚C but see superior performance with R32 with its
superior critical temperature, heat transfer and lower pressure drop (Botticella et al, 2018). R32
compares favourably to other proposed replacements as the modelled results indicate (Figure 4).
2.2 Utilisation of Low Temperature Heat Networks for Industrial Applications
A low temperature heat network (or 4th Generation heat network) is one that can supply lowtemperature district heating for space heating, domestic hot water and process heating to buildings
and industry. A 4th Generation Heat Network will have low grid losses, be able to utilise waste heat
from low-temperature sources and integrate renewable energy sources such as solar and wind as
part of a smart energy system to be flexible in the future (Lund et al, 2014). Low temperature is
defined by the Danish as >50˚C and ultra-low networks as <45˚C (Danish Energy Agency, 2014).
The latter would require heat pumps for upgrading to traditional space heating temperatures, for
domestic hot water use (booster heat pumps) and beyond to industrial process applications. UK low
grade waste represents a significant energy resource. While there are discrepancies on the actual
values, industrial heat represents 300 TWh/year in 2016 (DUKES, 2016) and 1/6th of the waste heat
is available for waste heat recovery (Element Energy, 2014) i.e. 50 TWh/year. Furthermore, 28
TWh/year has been identified for “potential” district heating networks and assuming a current
household gas price of 3.69p/kWh, utilisation of 28 TWh/year will displace over £1Bn of gas
purchases annually. However, the UK has the equivalent of 13 TWh of existing heat networks (BEIS,
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2016) and assuming network construction costs are £1500/MWh, new network costs for 15
TWh/year lead to £22Bn investment. As gas is assumed to produce 0.19 kg/kWh of CO2 and If the
UK can utilise 28 TWh of waste heat displacing gas for space heating, 5,320,000 tonnes of CO2 will
be saved. As an example, if this was utilised for domestic space heating, UK residential buildings
currently emit 63.4 Million tonnes of CO2/year,10% of residential CO2 emissions can be saved if
waste heat is fully utilised.

Figure 4: R410a Replacement Comparisons.

With respect to heat pump development for waste heat recovery, the EU is cutting the availability of
hydrofluorocarbons (HFCs) by 79% between 2015 and 2030 (BEIS, 2015) due to high Global
Warming Potential and alternative fluids must be evaluated. The vapour compression heat pump
operating in conjunction with lower grade heat networks e.g. about 30°C, can uplift such heat to
underfloor heating temperatures (<40°C) with a coefficient of performance >10 (very low running
costs) and provide domestic hot water temperatures avoiding legionella concerns (~60°C) with a
coefficient of performance >5.0 with current refrigerants e.g. R410a. However revised heat
exchangers must be developed (Lee et al, 2013). For thermal networks, alternative fluids such as
R245fa have realised coefficients of performance of >7.0 for ~60°C (Figure 5).

Figure 5: R245fa Performance in a Seasonal Thermal Storage Operation

Extending the temperature lift further sees low GWP fluids such as R1233zd (Ju et al, 2017) being
able to upgrade low grade waste heat to process temperatures. Higher temperature heat pumps
have been successful and new fluids such as R1233zd (>150°C, low GWP) are looking promising
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(Figure 6). However, compressor lubrication strategies for higher temperatures with existing
equipment have not been explored to give commercial confidence.

Figure 6: Alternative Refrigerant Performance at High Temperatures

3. High Temperature Heat Pumps Using R1233zd(E)
Hydrofluro-Olefins (HFO) R1233zd is an A1, non-toxic, non-flammable refrigerant with a GWP of 4.5
(under AR4). R1233zd is normally described as zero-ODP due to its very low ODP and is measured
at 0.00034. Its physical properties are similar to R245fa and like R245fa, when used in a R134a
compressor, both R245fa and R1233zd have higher specific volumes and therefore require larger
components e.g. compressor and heat exchangers. They also require a suction line heat exchanger
due to the re-entrant nature of the compression process at low superheats. The HFC gases that
have been used so far for high temperature applications are R134a, R152a and R245fa and their
GWP is 1300, 140 and 1030 respectively. Honeywell has developed a number of HFOs for high
temperature applications with a very low GWP (<1). Working fluids such as HFO-1234ze(Z), HFO1234ze and HFO-1233zd with critical temperatures higher than 94°C are the main candidates for
high temperature applications (Longo, 2014). In addition, natural refrigerants have been always an
interesting topic for heat pump developers due to their inexistent GWP and low cost. However, their
flammability is very high and requires special safety equipment.
3.1 High Temperature Heat Pump Working Fluid Evaluation
Typically, a high temperature heat pump normally has a range of supply temperatures >80°C with
typical heat source temperatures 20°C to 70°C. These heat pumps use low grade waste heat from
primary processes as the source within a HP cycle to achieve higher secondary supply temperatures.
Industries where this type of heat pump may be used range from paper, chemical, mechanical and
textile industries. The Ulster University test facility (Figure 7) was built into a specially designed rig
and uses mainly off the shelf components with some modification to mitigate against higher
temperatures developed within the working system (Bitzer Heat Pump 1-stage cycle, Danfoss
expansion valve and an optimization by IHX). A separate Thermal Balancing Rig (TBR) was also
designed, which incorporates bespoke control systems to manage thermal loads within the
secondary and tertiary hydraulic circuits. The combined systems of heat pump and TBR forms an
integrated system and has fitted a range of controls and sensing devices necessary to operate and
derive data for experimental analysis. Baseline performance was achieved with R245fa and is
illustrated in Figure 8. Comparing R245fa and R1233zd(E) reveals the following analysis (Figure 9)
and seems to suggest that R245fa performs slight better at higher temperature demands. However,
these are preliminary results.
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Figure 7: Ulster University High Temperature Heat Pump Test Facility

Figure 8: R245fa Baseline Performance

Figure 9: COP Comparison

3.2 Compressor Lubricant Oil Observations
During initial setup the compressor was ramped up gradually to condenser temperatures above
120°C, a small leak from the outer housing was observed. The OEM guidance does suggest that a
small amount of oil may pass through the seals dependant on operating conditions. However, this
leak gradually increased over several tests and a decision was made to check and replace seals. To
repair the leak new seal kit was installed. This required the separation of the motor from the heat
pump and careful removal of the damaged seals and installation of the new kit. There was no
apparent visual damage to the outer seals, but the inner seal rubber was hardened compared to the
new seal. The oil sump-plug magnetic core did pick up some swarf but was not excessive and maybe
attributable to the running in process of the compressor. The refrigerant filter was removed and again
a visual examination completed, this showed a small quantity of particles around the inlet but no
major build-up of dirt. The pressure drop across the filter was about 0.2 bar during operation, which
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was only a slight amount higher than when first installed. The filter was replaced as a precaution and
checked for leaks prior to operation. The compressor was refilled with POE68 oil to the required
levels considering the additional requirement of 0.6l as specified for the oil separator. Upon running
the compressor over a period of 6 months the same grey film has not reappeared on the glass
surface. Polyester oil HARP POE68 was recommended by the suppler for higher temperature
applications exceeding DIN51503 part 1 (Bitzer). Based on technical guidance (Figure 10) for this
oil, the viscosity ranges from 65.5 cSt at 40°C to 9.3 cSt at 100°C, providing a guide to viscosity
assuming liner response between the temperature bandwidth. During the maintenance service,
compressor oil was removed to assess the state of degradation. This was done visually without
testing of any type. The visual examination compared a sample of new oil against the oil removed.
There was a marked changed in the clarity from the clear yellowish-brown tone when new to a dark
cloudy black to grey colour when removed from the compressor. It may be possible to speculate that
the internal run-in period of the compressor had deposited carbon like deposit into the oil creating
almost a graphite type appearance within the oil. The inspection port on the side of the compressor
had also completely clouded over with this deposit, blocking the view of oil levels completely. This
required the removal of the side viewing port to thoroughly clean these deposits off the glass. The
compressor was refilled with POE68 oil to the required levels considering the additional requirement
of 0.6l as specified for the oil separator. Upon running the compressor over a period of 6 months the
same grey film has not reappeared on the glass surface.

Figure 10. Viscosity Vs Temperature based on product technical data (HARP)

During the initial start-up the compressor goes through a phase whereby the oil and refrigerant mix
readily (as seen in the oil levels and colour within the compressor sump - Figure 11). Once the
evaporator and condenser temperatures start to stabilise and setpoints are reached, a rapid drop in
both pressure and temperature in the sump occurs. In this compressor it takes approximately one
hour to reach stability. Therefore refrigerant/oil interactions need further investigation.

Figure 11: System Start Oil Observations

4. Discussion and Conclusions
A number of observations can be made from this work from a UK context. Energy pricing and subsidy
support are not yet sufficiently favourable for wide scale deployment of electrically driven vapour
compression heat pumps. The current gas price is sufficiently low, and boilers are of low capital cost
to ensure boilers are the heating system of choice. However, there are cases were that trend can be
overcome. UK Government energy statements such as “near 100% decarbonisation” by 2050 will
see a rise in renewable electricity dependency and a need to decarbonise the gas network
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(biomethane or hydrogen for example) to reduce expensive electricity network upgrades and to
utilise an existing and wide-reaching gas infrastructure. However, if hydrogen were utilised, there
would be a significant requirement to improve the performance of electrolysers and safety concerns
would limit hydrogen to the low-pressure gas distribution network. Of course, thermal storage has
not been mentioned as a useful system addition to electrically driven heat pumps so that such heat
pumps can utilise off-peak or excess renewably generated electricity. There is an emerging literature
that suggests higher temperature heat pumps would benefit from thermochemical storage due to
higher energy densities at higher temperatures. Thermal storage would facilitate demand side
response and distributed energy management. UK industrial heat pumps (and indeed heat pumps
in general) also suffer from performance challenges. These are invariably brought about by the
overall system performance and not necessarily by the heat pump itself. Given the capital cost
differential between boilers and heat pumps and the relative simplicity of boiler operation, the added
expertise in fully understanding an installation challenge can be sometimes underestimated. There
are great examples of excellently performing heat pumps but unfortunately there are others which
are not doing so well. A challenge is of course the operating regime. District heating is not a common
option in the UK but if there are serious efforts to address the available waste heat. Booster heat
pumps upgrading the heat from low temperature, low loss networks are possible. R410a and R245fa
were potential candidate fluids for space heating and process heating applications but their global
warming potential is unacceptable. R32 appears to be an excellent candidate for R410a replacement
(accepting a small safety risk) and R1233zd(E) has potential to replace R245fa. Initial results are
promising but compressor lubrication and transportation (solubility and miscibility) requires further
investigation.
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ABSTRACT
Extracting heat from hot flue gas by utilization of condensing technology leads to a significant
increase in boiler efficiency. Conventional systems are often limited by unfavorably high return
temperatures of the heating system which preclude the use of the extensive potential of the
sensible and especially latent heat of the flue gas.
In this research the integration of an absorption heat pump (AHP) into the heating system of a
wood chips fired boiler is investigated. This allows cooling of the flue gas down to temperatures
around 25 °C and serves for upgrading the low grade heat for further utilization in conventional
heating systems. Therefore, increases in fuel utilization rate up to 20 % can be achieved.
The concept of the heat pump cycle for integration with the biomass boiler is presented, followed
by thermodynamic modelling and thermal design of a flue gas-coupled evaporator of the heat
pump.
Keywords: Absorption, Biomass, Energy Efficiency, Heat Pump, Heat Transfer, Latent Heat,
Water-Lithium Bromide

1. INTRODUCTION
Heat recovery of flue gas reduces the flue gas losses and increases the boiler efficiency. Cooling
the flue gas down to temperatures below the dew point allows the transfer of energy released by
sensible heat and by latent heat. Condensing the vapor fraction of a flue gas flow is an established
technology for heat recovery of gas and oil fired boilers. To ensure the full utilization of the heat
content of the flue gas, low cooling temperatures are required. Commonly, the return flow of the
heating network is used to cool the flue gas down. Thus, the heat gain is limited by the temperature
level of the heating system. For standard local heating networks with return flow temperatures of
50 °C and closest approach temperature (CAT) between flue gas and heating medium of 15 K,
compared to manufactural data (Rennergy Systems AG, 2016; Fröling GesmbH, 2017),
condensation process hardly starts. Wood chips fired boilers show high losses due to flue gas
outlet temperatures of around 150 °C and water vapor contents of 0.65 kg per kg wood even for
combustion of biomass fuel with low water content (w=20 %) (Hartmann et al., 2004). Heat
recovery can increase conventional boiler efficiencies from 85–90 % to over 100 %, if use of latent
heat content is accomplished. When heat recovery is supported by a heat pump, cooling
temperatures independent of return flow temperatures of the heating system can be provided.
Absorption heat pumps (AHP) require only a fraction of electrical energy needed by compression
heat pumps for upgrading the low-temperature heat. In the given application the driving heat for the
heat pump cycle can be supplied by the biomass boiler. Thus, heat pump operation is almost
completely based on renewable energies.
Figure 1 shows the boiler efficiency based on lower heating value with respect to flue gas
temperature. For the combustion of wood with a water content of 30 % and an air-fuel ratio of
λ=1.5 the boiler efficiency for flue gas outlet temperatures of 140 °C is around 90 %. By cooling
down to 65 °C, feasible through common heat exchanger and the temperature level of the return
flow, boiler efficiency is increased to 96 %. Cooling down to 25 °C, by using an AHP, results in a
further increase to roughly 110 %. The sharp increase at around 55 °C is caused by the onset of
condensation when flue gas temperature falls below the dew point. (Kaltschmitt et al., 2009; Joos,
2006)
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Figure 1: Boiler efficiency based on lower heating value with respect to flue gas temperature
(parameter: water content w=20…50%), for atmospheric pressure (1013 mbar) and ambient
temperature (0 °C) and average composition of wood (CH1.44O0.66)

2. INTEGRATION OF AN ABSORPTION HEAT PUMP INTO A HEATING SYSTEM
The integration of the AHP into the heating system aims at cooling the flue gas down to 25 °C. For
further use in the heating network, the AHP upgrades the recovered heat flow and transfers it to
the return flow of the heating system. The concept of integration is shown in Figure 2 (Hermann et
al., 2018). Standard district heating networks are operated with supply temperature of about 70 °C
and return water at 50 °C. A wood chips fired boiler producing hot water of 95 °C can serve as heat
supply for the network and provide the driving heat for the generator (G) of the AHP. Extracted
heat from cooling and condensation of the flue gas with an outlet temperature of 140 °C is
transferred to the refrigerant of the AHP in the evaporator (E). Heat output from absorber (A) and
condenser (C) is released to the return flow at a temperature level above 50 °C. As an alternative,
the sensible heat content of the flue gas in the temperature range down to about 70 °C can be
transferred to the heating system directly. Further heat recovery then has to be accomplished by
the AHP, as described above. Final design of the system may be found with regard to heat
exchanger cost and system complexity.
flue gas 140 °C

BiomassBoiler

95 °C

75 °C

E

25 °C

supply water
70 °C

G

C

A

return flow
50 °C

Figure 2: Heating network with integrated AHP

Figure 3 shows the sorption process in the solution field (van’t Hoff) of the working pair
water/lithium-bromide and provides pressure, internal temperature and concentration of the
sorbent solution. Internal process data are set to match heat transfer from/to flue gas (tE), heating
system return flow (tA) and driving heat (tG) at external temperature levels tE, tA and tG respectively.
The refrigerant evaporates at around 21 °C and 2.4 kPa. For the given temperature levels, the
AHP operates with moderate concentration of the solution and safe distance to the crystallization

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4472

limit, marked by a dotted line in lower right corner of the solution field. (Alefeld and Radermacher,
1994)
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Figure 3: Solution field of water/lithium-bromide (van’t Hoff)

3. CONCEPT OF THE ABSORPTION HEAT PUMP
The development of the main components of the AHP aims at a robust operation with simple
control and lowest use of additional devices. Figure 4 shows the concept of the AHP with sorbent
and refrigerant cycle. In the evaporator the refrigerant evaporates at low temperature and pressure
level extracting heat from the flue gas. The generated vapor is absorbed by the concentrated
sorbent solution with heat release from the absorber to the return flow of the heating network. The
dilute solution is preheated in the solution heat exchanger (SHX) by heat transfer from the
concentrated solution before entering the generator. In the generator the solution is heated up to
its boiling temperature at higher pressure and temperature level to boil off the refrigerant
(thermosiphon). The required driving heat is extracted from the hot water cycle of the boiler. The
desorbed refrigerant vapor is separated from the concentrated solution and transferred to the
condenser, where the refrigerant is condensed while rejecting heat to the return flow. The
remaining concentrated solution in the generator leaves at high temperature and returns to the
absorber passing the SHX.
Condenser

flue gas in
140°C

boiler inlet
> 50°C

Absorber

supply
heating network

Generator
return flow
50°C

flue gas out
25°C

concentrated solution LiBr

SHX

dilute solution LiBr
hot water
boiler outlet 95°C

vaporous refrigerant
liquid refrigerant

Figure 4: Cycle process of AHP
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For the design of the heat exchangers a conventional falling film absorber and a plate heat
exchanger for condensing shall be applied. To avoid the electrical consumption a solution pump, a
natural circulation of sorbent between generator and absorber by means of a thermosiphondesorber is intended, based on previous studies investigating related applications (Kren, 2008). In
the evaporator the extracted heat from cooling and condensation of the flue gas is directly
transferred to the refrigerant. Therefore, a new design has to be found that integrates a flue gas
coupled heat exchanger into the process of the AHP.

4. DESIGN OF FLUE GAS-COUPLED EVAPORATOR
Falling film evaporators show low pressure drops on refrigerant side and are widely used for AHPs
to enable high performances. For the design of the flue gas-coupled evaporator, the corrosive
characteristics of the flue gas and the high content of particles have to be considered. In order to
avoid deposition of particles, a high flow velocity and an even flow profile are favourable. The
selected material must be acid-resistant. Using a tube bundle heat exchanger, flue gas can be
directed through shell side or tube side. For shell side flue gas flow, baffles are needed to maintain
a proper flue gas velocity. The access for cleaning is thereby limited although higher deposition
rates are expected due to uneven velocity distribution. The evaporation of refrigerant inside the
tubes affects unfavourable pressure drops. Figure 5 (left) shows the design for the evaporator with
baffles and shell side flue gas flow. Figure 5 (right) shows the design with a tube side flue gas flow
and shell side evaporation. Flue gas is directed downstream to facilitate discharge of condensate
and particles. This configuration makes mechanical cleaning and periodical water injection
possible.
refrigerant

flue gas
inlet

vapor

refrigerant

flue gas
inlet

flue gas
outlet

vapor

excess
refrigerant
flue gas
outlet

Figure 5: Evaporator design

5. MODELLING OF THE FLUE GAS-COUPLED EVAPORATOR
First, the shell side evaporation of the refrigerant is described. The heat transfer coefficient is
calculated according to Schnabel (Schnabel, 2013) for heat transfer to falling films at vertical
surfaces. The Reynolds number Re is calculated by
𝑅𝑒 =

𝑚!"#
	
  
𝜇

Eq. (1)

with the mass flow rate of refrigerant per unit circumference ṁref in kg m-1s-1 and dynamic viscosity
𝜇. To avoid dry parts of the heat transfer area mass flow rates of 0.0138–0.0416 kg m-1s-1 are
suggested, forming a continuous laminar film down the surface (Kraume, 2012). Regarding a
biomass boiler with a thermal output of 50 kW, the capacity transferred in the evaporator is about
10 kW according to evaporation of 0.004 kg s-1 refrigerant. Thereby, a circumference of 0.29 m can
be wetted to meet the requirements of the given mass flow rate. The Nusselt number for a laminar
flow is calculated as a function of the Reynolds number.
!

𝑁𝑢!"# = 0.9  𝑅𝑒 !! 	
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The heat transfer coefficient hevap results from the calculation of Nusselt number.
!

ℎ!"#$ 𝜈 ! !
Eq. (3)
𝑁𝑢!"# =
	
  
  𝜆
𝑔
with thermal conductivity λ, kinematic viscosity ν and the gravitational constant g. The results show
heat transfer coefficients of 4800 W m-2K-1 for mass flow rates of 0.0138 kg m-1s-1 decreasing to
3300 W m-2K-1 for 0.0416 kg m-1s-1. Increasing film thickness leads to higher thermal resistance
and therefore to the reduction of the heat transfer coefficient. Data from literature (Schnabel, 2013)
confirm the calculated range of values for heat transfer. Due to experimental data (Schweigler,
1999), a conservative design with lower values is considered. In an experimental setup will further
be examined, if the technical requirements with particular regard to the surface wetting can be met.
Aiming at a reduction of mass flow down to the mass flow related to the evaporation capacity, the
wetting behavior of the surface has to be improved. The use of tubes with modified surfaces
promises a complete wetting and minimal film thickness. Due to missing fundamental equations for
heat transfer to different structured surfaces, experimental studies will be conducted in order to
provide a basis for the dimensioning of the heat exchanger.
The heat transfer from the flue gas is described separately for the dry part and wet part of the heat
exchanger. In the dry part the flue gas is cooled down from the hot outlet temperature of the
biomass boiler down to the dew point. The heat transfer in this section is calculated according to
forced convective heat transfer in pipe flows (Gnielinski, 2013). The Reynolds number is calculated
as a function of flow velocity w and kinematic viscosity ν of the flue gas.
𝑤  𝑑!
Eq. (4)
𝑅𝑒 =
	
  
𝜈
The correlation of the Nusselt number is a function of Reynold, Prandtl and geometric dimensions.
	
  

𝑁𝑢 = 0,0214 𝑅𝑒 !.! − 100 𝑃𝑟 !.!
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Eq. (5)	
  

with internal diameter di and tube length l. Finally, the heat transfer coefficient hg is obtained from
	
  

𝑁𝑢 =

ℎ!   𝑑!
	
  
  𝜆

Eq. (6)	
  

The maximal flow velocity of the flue gas is set to 15 m s-1 to avoid erosion problems inside the
tubes. Consequently, with 2300<Re<10000 the flow is found to be in the transition region between
laminar and turbulent flow.
For flue gas temperature falling below the dew point, the heat transfer is calculated referred to the
condensation of vapor in the presence of an inert gas (Numrich, 2013). The coupled heat and
mass transfer for condensation is described by the heat transfer coefficient heff.
	
  

ℎ!"" T! − T! = ℎ! T! − T! + 𝑚! ∆𝐻(T!) 	
  

Eq. (7)	
  

with heat transfer coefficient of gas phase hg, locally condensing mass flow ṁC (kg m-2s-1),
evaporation enthalpy ΔH, flue gas temperature TG and condensate film temperature TF. The locally
condensing mass flow is a function of the mass transfer coefficient βG, density ρG and mole
fractions of vapor yG and yF in the core flow of flue gas and on the surface of the condensate film,
respectively.
	
  

𝑚! = 𝛽! 𝜌! (𝑦! − 𝑦! )	
  

Eq. (8)	
  

The heat transfer coefficient of the gas phase is calculated equivalent to Eq. (6) for forced
convective heat transfer in pipe flows. The occurrence of mass transfer besides heat transfer is
considered by the Ackermann correction. The transfer area is determined by the energy balance
for the heat transfer from cooling and condensation of the flue gas to the coolant.
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with mass flow of condensate ΔṀC, evaporation enthalpy ΔHevap, flue gas mass flow ṀG, specific
heat capacity cP, temperature difference ΔT, overall heat transfer coefficient U, transfer area A and
logarithmic temperature difference ΔTlog.
The overall heat transfer coefficient U is described by heat transfer coefficients of flue gas heff and
condensate hC, conductivity of pipe wall λtube and heat transfer coefficient of evaporation hevap.
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Eq. (10)	
  

	
  

An estimation of pressure losses is given by
𝑙 𝜌𝑤 !
∆𝑝 = 𝜉
𝑑! 2
with tube length l, flue gas density ρ, flue gas velocity w and resistance coefficient ξ.
0,3164
𝜉= !
	
  
𝑅𝑒
for 3000<Re<100000. (Kast, 2013)

Eq. (11)

Eq. (12)

6. RESULTS
Based on the preceding equations, a parametric study has been conducted to design a flue gas
coupled evaporator for a biomass fired boiler of 50 kW. The boundary conditions for the calculation
are listed in Table 1.
Table 1: Boundary conditions of heat exchanger design

𝑄
kW

λ
-

wwood
%

ϑdewpoint
°C

ṀG
kg·s-1

ϑG,in
°C

ϑG,out
°C

hevap
W·m-2K-1

di
mm

50

1.5

30

54

0.04

140

25

3300

16

As a result of the calculation the mole fraction of water vapor and heat transfer coefficient of the
flue gas are shown in Figure 6. Starting from the tube inlet at the top, the mole fraction of water
vapor is constant until temperature falls below dew point. With starting condensation the mole
fraction of water vapor decreases along with the gas temperature until outlet is reached at 25 °C.
Finally, the flue gas contains only 20 % of initial water content. The heat transfer coefficient shows
low values with little decline alongside the dry part of the heat exchanger tube, followed by a sharp
increase to comparatively high values, when condensation process starts. The sudden increase
results from the different characteristics for dry and condensing part of the heat exchanger. In
practical applications it is expected to have a transition area with partial condensation in the cold
boundary layer of the gas flow, while the core still stays above dew point. The temperature profile
of the flue gas flow and the accumulated heat flux are shown in Figure 8. The temperature of the
coolant side is set constant, assuming homogeneous evaporation at 21 °C along the entire height
of the heat exchanger. The slope of the heat flux curve indicates the recoverable heat per tube
length. According to the profile of the heat transfer coefficient, the amount of recovered heat per
tube length significantly increases with starting condensation but then flattens off along the
condensing part, due to decreasing temperature difference between flue gas flow and coolant side.
Consequently, considerably potential savings in tube length can be obtained by accepting slightly
higher flue gas outlet temperatures.
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Figure 6: Characteristics of flue gas

0

Figure 7: Recovered heat and temperature profile

Decisive criterion for dimensioning the heat exchanger is the selection of the tube diameter and the
number of parallel tubes forming the flue gas flow section. Figure 8 shows the result of the design
study again for a flue gas inlet/outlet temperature of 140/25 °C, inner tube diameter of 16 mm and
a number of parallel tubes varying from 5 to 50. The overall heat transfer coefficient, representing
the average value for the dry part and the condensing part (Fig. 8) together with the total length of
the apparatus and the resulting pressure drop is given (Fig. 9). The result is strongly influenced by
the flue gas velocity, which varies with the number of parallel tubes. For practical implementation
the flue gas velocity should not exceed 15 ms-1, hence, turbulent flow characteristics are not
achievable. With increasing tube number the overall heat transfer coefficient decreases, as a result
of reduced flue gas velocity. Generally, the values for the condensing part are significantly higher.
Taking into account the substantially higher heat transfer coefficient on coolant side, the surface
area is clearly determined by the heat transfer coefficient of flue gas side. As can be read from
Figure 9 the increase of heat exchanger surface area by means of additional tubes yields an only
marginal decrease of required tube length. This effect is due to the dependency of the heat transfer
coefficient on the flow velocity. Respecting practical limitations for the pressure drop in the flue gas
flow of about 5 mbar the apparatus should be designed with about 20 parallel tubes, resulting in a
tube length of roughly 3 m. Thus, a two pass design or a cascaded configuration of dry and wet
section may be taken into consideration, to match typical dimensions of the biomass boiler.
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7. CONCLUSION
The integration of a lithium bromide/water absorption heat pump into a heating system with a wood
chips fired boiler and outputs above 50 kW have been investigated. The use of an AHP for heat
recovery allows cooling of the flue gas down to 25 °C. For wood chips with 30 % humidity, the
recovery of condensing heat provides an improvement in efficiency up to 19 % related to no
recovery. Heat recovery with direct heat exchange to the return flow of the heating system
achieves only 5 % (CAT=15 K).
The developed concept for an optimized thermo-hydraulic integration of the AHP allows reduction
of flue gas losses and further use of recovered heat in the heating system. In the cycle concept of
the AHP innovative technical designs for a thermosiphon-desorber with natural circulation of
sorbent between absorber and generator and a flue gas coupled evaporator are involved. The
design of a falling film evaporator was developed, with cooling and condensation of the flue gas
flow downwards in vertical tube bundles transferring energy to shell-side evaporation of refrigerant.
Thermodynamic modelling results in heat transfer coefficients of evaporation around 3300 W m-2K-1.
Heat transfer coefficients of flue gas flow provide average values around 45 W m-2K-1 for the dry
part of the heat exchanger and improve up to 370 W m-2K-1 with beginning condensation.
Increasing the surface of the heat exchanger by additional parallel tubes for the flue gas flow leads
to a lower gas velocity and therefore lower heat transfer coefficients, yielding only a marginal
reduction of the overall length of the apparatus.
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ABSTRACT
CO2 heat pump water heater (CHPWH) is a hot topic due to its merit in energy and environment.
However, study on water tank considering energetic, economic, environmental and practical
performances at one time, has been rarely reported. Therefore, a multi-objective optimization
analysis, considering the above 4 aspects, is conducted under typical Chinese climate. The study
is conducted with tank size range of 100-500 L. The elitist non-dominated sorting genetic algorithm
(NSGA-II) is used with important factors considered, such as heat leak. Finally, a Pareto front of
multi-objective solutions is obtained. The optimized system can save about 10% of electricity and
12% economic cost under nominated condition.
Keywords: Heat Pump, Carbon Dioxide, Water Tank, Algorithm, Neural Networks, Optimization.

1. INTRODUCTION
In China, domestic hot tap water energy demand accounted for about 32% of total building energy
consumption during 2014, but more than 90% was directly generated by combustion of fossil fuel
that caused serious environmental problems (CABEE, 2018). Therefore, with the concern of
energy saving and emission reduction (Xu et al., 2018), the development of high performance CO 2
heat pump water heater (HPWH) has recently received a lot of attention (Zhang et al., 2015).
Carbon dioxide (CO2) is a non-flammable, non-toxic gas with zero ozone depletion potential and
low global warming potential (GWP=1), which is harmless to environment. Moreover, using CO 2 in
refrigerating systems has great advantages in heating high temperature hot water; thereby CO 2
HPWH has the potential to be used in residential applications.
For the CO2 heat pump (HP) system, the pioneering study by Lorentzen et al. (1994) had
confirmed that the transcritical system using CO 2 can reach the needs of high temperature hot
water production. Michiyuki and Shigeru (2016) theoretically studied an ideal vapor compression
cycle for tap water heating and calculated the upper limit of the COP for single-stage compression
heat pump cycle with various refrigerants. The results showed the refrigerant which achieved the
highest COP for supplying hot water was CO 2. A system associated with the interaction of the CO2
HPWH and the water tank built by Nicholas et al. (2010) and a performance evaluation was
conducted to study the effect of ambient temperature and hot water temperature on the COP in
three different situations of residential hot water operation. Results show that the COP was
maximized at higher ambient temperatures and at lower hot water temperatures. In order to reduce
the degradation of the system performance due to the area of tepid water in the storage tank
expands; Masashi et al. (2015) developed water heating systems, each of which is composed of a
CO2 heat pump and a hot water storage tank.
Additionally, optimization is an essential task to improve system performance and reduce cost.
Thermodynamic study on ejector-expanded CO2 refrigeration system with advanced exergy
analysis (Bai et al., 2016 showed that compressor with the most avoidable endogenous exergy
destruction possessed the highest improvement priority. Energy and cost effective transcritical CO 2
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HP was defined by Farivar and Tatiana (2014), who recommended the use of economizers as an
auxiliary component of the one-stage transcritical CO2 heat pump to reduce the total cost by
approximately 14%. Saber et al. (2018) applied thermoeconomic optimization to the improved
transcritical CO2 refrigeration cycle where multiple criteria for cooling capacity and annual cost are
two objective functions. An artificial neural network (ANN) was used to establish an optimization
model. The results showed that the cooling capacity has increased by 4.6% and the annual cost
has decreased by 60.6%. However, this article replaced the entire optimization model with a neural
network method, which may impair the thermodynamic connection of the model and expands the
instability and non-universality of the model. Recently, the optimization of the CO 2 heat pump from
the perspectives of energetic, exergetic, economic and exergoeconomic analyses has been
extensively studied (Kashif et al., 2018). Nevertheless, there are few studies have considered the
interaction between the water tank and the CO 2 heat pump, yet the water tank has a significant
impact on the overall optimization.
The current study considers the interaction between a CO 2 heat pump and a water tank in system
optimization. In order to obtain the optimized total cost and the tank volume of the proposed
system, an economic and practical analysis is carried out. A thermodynamic prediction model of
the CO2 heat pump is developed using a back propagation artificial neural network (BP-ANN) with
black box characteristics to reduce the complexity of the model. The Pareto optimal solution of the
system is obtained using NSGA-ǁ algorithm based multi-objective optimization.

2. HPWH SYSTEM AND ANN MODEL

(a)

(b)
Figure 1: Schematics of CO2 transcritical cycle (a); T-s diagram (b).

As shown in Fig. 1a, compressor, gas cooler, evaporator throttling valve, and etc constitute the
transcritical heat pump cycle, which upgrades the heat energy from air and provides high-
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temperature heat to cold feed water. On the left side of the heat pump cycle lies a hot water tank,
which receives and stores hot water from gas cooler, and also supplies hot water to users. Fig. 1b
shows the T-s diagram of the transcritical cycle. With a constant hot water demand, larger tank can
store more hot water which is produced during off-peak period of power grid, reducing economic
cost for electricity. However, the larger tank also leads to higher capital cost, larger area for
installation and more heat leakage. There are also other parameters, such as temperature
difference in gas cooler (ΔTm), thickness of thermal insulation (δ), which can affect both energy
consumption for operation and investment cost of the system. Therefore, an optimization work for
HPWH, considering the water tank is important.

Figure 2: Structure of ANN of this paper.

To conduct the optimizing work, ANN technology is used, the topology of the ANN is shown in Fig.
2 which can precisely model the performance of HPWH with very fast calculation, as thermo
physical properties of refrigerant no longer need to be calculated. It is very suitable for optimization
study with a lot of iteration computation. In this paper, plenty of sets of data calculated by an
HPWH model are used to train the ANN model, which has a one-dimensional input layer (ΔTm) and
an out layer with 4 elements (pressure in gas cooler Pgc, Coefficient of performance COP,
compressor power Wcom, and cooling capacity Qe). The number of hidden layer neurons is set to be
6, which reveals good precision without overfitting, after some tests. As shown in Fig. 3, the
predicted results match target value (actual value) well.

Figure 3: Predicted data comparing the target of pressure in gas cooler and COP.
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3. ECONOMIC EVALUATION AND OPTIMIZATION METHOD
As discussed previously, temperature difference in gas cooler (ΔTm), height of tank (H), diameter of
tank (D), and thickness of insulation (δ) are chosen as optimized parameter, in this paper. The
volume of tank is used as one of the objective variables, since the tank size has significant effects
on system insulation and placing area, which is important especially in high-rise building in city.
The other objective various is total annual cost (TAC). The two variables show economic
performance and practicability, respectively. Specified values of the calculation are listed in Table
1.
Table 1. Specified values

Items
Daily hot water demand
Supplying water temperature
Feed water temperature
Ambient temperature
Temperature difference in evaporator
Annual interest rate
System lifetime
Night electricity cost
Day electricity cost

Value
500 L
65 ℃
15 ℃
20 ℃
10 ℃
12%
15 years
0.12 $∙kWh-1
0.062 $∙kWh-1

The total annual cost of overall system is given by Eq. (1), consisting of the investment and
.

.

.

maintenance costs ( Z inv + main , Eq. (2)), operational cost ( Z op ), and the penalty cost ( Z env ) due to
CO2 emission.
.

.

.

.

Z TAC = Z inv+main + Z op + Z env

Eq. (1)

.

Z inv + main =CRF     Z k

Eq. (2)

n

i (1 + i )
Eq. (3)
(1 + i ) n − 1
where CRF is capital recovery factor, φ is maintenance factor, which is assumed 1.06, and the
terms i and n represent interest rate and system lifetime, respectively. The investment and
maintenance costs of the system is the sum of investment costs of each component, which are
calculated with equations presented in literature (Farivar and Tatiana, 2014) and Eqs. (4) to (9).
CRF =

Z wt = 51.4  (( D +  )  (2H + D +  ) +  2 / 2)

Eq. (4)

Zins = 105.4  (( D + 2 )  H + ( D + 2 ) / 2)

Eq. (5)

2

0.89
evap

Z evap = 318.5  A

0.89
gc

Eq. (6)

Z gc = 318.5  A

Eq. (7)

Z exv = 51.7  ( Pgc / Pevap )0.68

Eq. (8)

Z com = 1421.3  (Wcom )0.46
Eq. (9)
The impact of CO2 emissions due to electricity consumption will also be considered as penalty cost
and as shown in Eq. (10):
.

Z env = CCO2 mCO2

Eq. (10)

Where CCO is the cost of unit carbon dioxide emission. As the value is generally between 0.022
2

$∙kg-1 to 0.130 $∙kg-1 (Bo et al., 2016). And the volume of water tank is given by：
Vwt =  D 2 H / 4
In the optimization, the following assumptions are used.
⚫ The system is running under steady state.
⚫ Hot water demand is a constant value as given in Table 1.
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⚫
⚫
⚫

All the connection pipes of the system are well insulated.
Time period for optimization is 1 day (24 hours), with ambient temperature keeping the same.
Nighttime (Off-peak period) is prioritized for system operating to fill the water tank. When
stored water is empty, the system then works in daytime.

In general, multi-objective optimization mathematical model can be described as:
f ( x) = ( f1 ( x), f 2 ( x),   , f p ( x))T

Eq. (12)

s.t. hi ( x) = 0 (i = 1,2, , m)
g j ( x)  0 ( j = 1, 2, , l )

Eq. (13)
Eq. (14)

x    Rn

Eq. (15)

Where x∈Rn is decision variables, Ω is feasible domain, hi(x) and gj(x) are constraint functions, f(x)
is the objective function vector consisting of p objectives.
For any two decision variables x1, x2∈Ω, The definition of dominant solution is f (x1) dominates f
(x2), if solution f (x1) is no worse than f (x2) in all objectives and solution f (x1) is strictly better than f
(x2) in at least one objective.
Given a set of solutions，the non-dominated solution (Pareto-optimal solution) set is a set of all the
solutions that are not dominated by any member of the solution set. The boundary defined by the
set of all point mapped from the Pareto optimal set is called the Pareto-optimal front.
The NSGA-II was proposed by Deb et al. (2002). It is a multi-objective optimization genetic
algorithm based on the Pareto optimal concept of Goldberg's thinking. Compared with traditional
genetic algorithms, this algorithm introduces a new selection mechanism based on the concept of
pareto and non-dominated solutions. This selection mechanism performs non-dominated sorting of
the population, which means that the smaller the number of individuals dominated by other
individuals, the higher the non-dominated level and the higher the probability of being selected. For
a series of individuals be classified as the same non-dominated rank, the greater the degree of
crowding distance, the greater the probability of being selected. Finally, the pareto solution set of
multi-objective optimization is obtained.

4. RESULTS AND DISCUSSION
In this paper, the total annual cost (Eq. (1)) of the whole CO 2 HPWH system and the tank volume
(Eq. (11)) are minimized as the two objective functions considered. Optimization results of HPWH
are shown in Figs. 4 to 7. Pareto front with optimized tank volume range of 0.02 to 0.52 m 3 and
TAC range of 928 to 995 $∙year -1, as given in Fig. 4. The corresponding operating parameters are
given in Fig. 6. Most of the thickness of insulation is between 0.07 and 0.09 m, while the height of
tank is uniformly distributed within the given range. And the optimized diameter of tank and
temperature differences of gas cooler are mostly lies near 0.8 m and 14 ℃, respectively.

Figure 4: Pareto front of multi-objective optimization of HP water heater system.
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The optimization result is normalized, and its non-dimensional pareto front is obtained. In Fig. 5,
ideal point is on the bottom left, Non-ideal point is on the top right. The recommended optimized
solution by TOPSIS (Technique for Order Preference by Similarity to an ideal solution) method is
listed in Table 2. TOPSIS is a multi-objective decision making method that employs techniques that
approximate the ideal solution. The idea of this method is to define the ideal solution and the nonideal solution of the decision problem, and then find a solution in the feasible solution, which is
closest to the ideal solution and farthest from the negative ideal solution.

Figure 5: Non-dimensional pareto front of multi-objective optimization of HP water heater system.

Figure 6: Optimized parameters.

δ (m)
0.086
Tnight (hour)
2.05

H (m)
0.61
Tday (hour)
2.56

Table 2. Results of the selected optimized solution

D (m)
0.69
Pgc (KPa)
7974.6

ΔTm (℃)
14.27
COP
5.50

Vwt (m 3)
0.23
Wcom (Watt)
1172.7

TAC ($∙year -1)
973.8
Qe (Watt)
5045.5
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Figure 7: Comparison of working periods in day and night for optimized results.

In Fig. 7, it can be found that total running period almost keeps unchanged as water tank volume
varies. However, the working hours in off-peak time (night) increases significantly as the tank
volume increases, which causes a decrease in operating cost and further the decrease in TAC.
Finally, according to optimized results, the system of this paper can reduce about 12% operating
cost and 10% electricity consumption, comparing against modeling result of traditional HPWH with
a compressor model of Xu et al’s. (2018) work.

5. CONCLUSIONS
This paper presents a multi-objective optimization of the system, considering the interaction
between a CO2 heat pump and a water tank. temperature difference in gas cooler (ΔTm), height of
tank (H), diameter of tank (D), and thickness of insulation (δ) are chosen as optimized parameters.
A Pareto front of optimized tank volume from 0.02 to 0.52 m 3 and TAC from 928 to 995 $/year is
obtained. The optimized system can reduce about 12% operating cost and 10% electricity
consumption.
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NOMENCLATURE
D
H
m
Subscript
com
evap
exv

Diameter(m)
Height(m)
Mass (kg)

ΔT
Z
δ

Temperature difference (℃)
Cost ($)
Thickness (m)

Compressor
Evaporator
Expansion valve

gc
ins
wt

Gas cooler
Insulation
Water tank
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ABSTRACT
This paper writes a new simulation program for the ammonia-water absorption system using c#
language in Visual Studio software. In this program, the properties of ammonia-water solution and
the governing equations of each component and the whole system are solved simultaneously. As
an example, an ammonia-water absorption heat pump system of 1000kW with a regenerator and an
over-condenser is designed. The ammonia-water absorption program is used to simulate the
steady-state operation performance of the system. It is found that the coefficient of performance
(COP) of the system decreases with increasing condensation pressure and increases with
increasing evaporation pressure. The calculation results of the program are consistent with the
theoretical analysis which basically validates the program. This program is convenient for simulating
absorption systems with varied configurations by adding new components and the corresponding
equations, providing a simple and fast calculation method for the design of an ammonia-water
absorption system.
Keywords: Ammonia-water, Heat Pump, Miniaturization, Simulation

1. INTRODUCTION
In current society, the challenges faced by human beings in environmental and social development
have become increasingly severe. At present, the world’s energy is mainly primary non-renewable
energy such as coal, oil, and natural gas. This energy consumption mode cannot meet the
requirements of sustainable development (Xiaohui and Junjun, 2014). Absorption heat pump
technology is an energy-saving technology with high efficiency that can make use of
low-temperature waste heat from industrial residual heat and other low temperature heat, and
achieve the effect of energy conservation. It has advantages of less moving parts, low noise, low
power consumption, and low wear and tear (Jianmin, 2004). It has become the focus of energy
application research.
There are mainly two kinds of working fluids in absorption heat pump system, namely LiBr-H2O
solution and NH3-H2O solution. The former uses water as a refrigerant and lithium bromide as an
absorbent, and the latter uses ammonia as a refrigerant and water as an absorbent. The LiBr-H2O
absorption system has many advantages, but the refrigeration temperature cannot be lower than
0°C because its refrigerant is water. An NH 3-H2O absorption system is needed when the working
environment is below 0°C. NH3-H2O absorption heat pump system can not only use the coldness
above zero degree, but also can use the sub-zero cooling capacity, which has a wider application
prospect than LiBr-H2O absorption heat pump system. However, the traditional NH3-H2O absorption
heat pump suite also has the disadvantages of large volume, large equipment, large metal
consumption, high manufacturing cost, and the like. How to reduce the volume of the NH 3-H2O
absorption heat pump system, promote the miniaturization of the absorption heat pump system, and
improve the performance of the system at the same time are the key points in promoting the
application of NH3-H2O absorption system.
Ammonia-water absorption system has a wide range of operating temperature, thus is suitable to be
used as an air source heat pump. However, it is difficult to extend the application due to its large
volume. In order to facilitate the study of ammonia-water absorption system, promote
miniaturization of the system and expand its application, a simulation model for simulating
ammonia-water absorption system is established in this paper.
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2. ABSORPTION HEAT PUMP TECHNOLOGY
Absorption heat pumps can be used to recover waste heat and produce high-temperature water,
which is used for civil heating and various production occasions. It plays an important role in saving
primary energy. According to the conversion form of the three heat sources in the heat pump, it can
be divided into two types.
The first one is the absorption heat pump (AHP), which is characterized in that the temperature of
hot water in the outlet is lower than that of the driving heat source. Its operating principle is shown in
Fig. 1(a).The system absorbs the heat from the high-temperature heat source supplied to the
generator and the heat from the low-temperature heat source of evaporator simultaneously, and
transfers the heat to the condensate in the absorber and the condenser to obtain
medium-temperature hot water. This heat pump technology utilizes a high-temperature heat source
to increase the temperature of the low-temperature heat source to medium temperature, thereby
improving the energy efficiency.
The second type is a temperature-increasing absorption heat pump or an absorption heat
transformer (AHT), which is characterized in that the temperature of hot water in the outlet is higher
than the temperature of the driving heat source. Its operating principle is shown in Fig. 1(b). In
contrast to absorption refrigeration systems, the generator and condenser are in the low pressure
zone, while the absorber and evaporator are in the high pressure zone. The heat source medium is
connected in parallel to the generator and evaporator. In the absorber, the solution releases heat
when water vapor is absorbed under high pressure and the temperature is higher than that of hot
water, so that the hot water is heated when passing through the tube. A single-stage absorption
heat pump can raise the temperature of hot water by about 30°C. This kind of heat pump is also
known as a heat converter for the purpose of temperature increase (Yongqing, 2001).

Figure 1: (a) The first type of
absorption heat pump

Figure 1: (b) The second type of
absorption heat pump

3. SIMULATION MODELS OF ABSORPTION HEAT PUMP SYSTEM
According to the first law of thermodynamics, the second law of thermodynamics, heat transfer
equations and property equations of the working solution, each component in the system should
comply with the following control equations in the process of analysing absorption heat pump
systems:
(1)The total mass conservation equation:
(2)The mass of the individual component (ammonia-water) is conserved:
(3)Energy conservation:
(4)Heat transfer relationship:
(5)Pressure-temperature-concentration relationship of gas-liquid equilibrium:
The above (5) is the relationship between the pressure, temperature, and concentration when
ammonia-water solution is in equilibrium, which can be calculated from the physical properties of
ammonia-water (Pátek and Klomfar, 1995).
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In this paper, using c# language in Visual Studio software, a new program capable of solving
absorption heat pump system is written. The program establishes the above governing equations
for each component in the system, and then integrates all components to solve the equations. At
the same time, the program compiles the physical property equation of ammonia-water into a
subprogram, which is called in the process of solving equations. For such a large nonlinear system
of equations, the program has written the code of Newton iterative solution. The basic solution
process is as follows: (1) Input the structural parameters of all components (2) Set initial values for
all variables (3) Simultaneous component governing equations and call physical property equations
(4) Solve equations(5) Output the result (6) Analyze data.
This program is a general program that can freely simulate ammonia-water absorption heat pump
system. This method can conveniently solve different ammonia-water absorption systems, has fast
convergence speed and convenient addition of components. It can also provide a simple and quick
calculation method for the design of the ammonia-water absorption system, and has wide
application in aspects of reducing the volume of the absorption heat pump and improving the
performance coefficient of the absorption heat pump system. Using this program, the performance
of different absorption heat pump systems can be simulated, and the influence of operating
parameters on system performance can be analyzed.
In the fourth and fifth parts of this paper, a system with regenerator and overcondenser is
calculated, and the performance of the system under different working conditions is analyzed by this
program.

4. SIMULATION PROGRAM OF AMMONIA-WATER ABSORPTION HEAT PUMP
SYSTEM
4.1. Working process of the ammonia-water absorption heat pump system
The absorption heat pump system studied in this paper is a basic air source ammonia-water
absorption heat pump system with ammonia-water as refrigerant and water as absorbent. The main
system flow is shown in Figure 2. The main cycle of the system is divided into five parts:
(1) Generation and rectification process: The high-temperature heat source of the generator adopts
the high-temperature flue gas of the natural gas boiler. This process heats the concentrated
ammonia-water solution from the absorber. The ammonia-water evaporates due to the low boiling
point, and the separated ammonia-water vapour is further purified by the rectifier. The remaining
dilute solution is returned to the absorber.
(2) Condensation process: The ammonia-water vapour that flows into the condenser after
purification by the rectification tower heats the external cooling water, and its temperature
decreases, and liquid ammonia-water flows into the over-condenser for further cooling, and then
enters the evaporator after throttling.
(3) Evaporation process: The liquid ammonia-water gets temperature and pressure reduced by the
throttle valve and evaporates in the evaporator, and at the same time absorbs the heat from the
low-temperature heat source, and the generated low-temperature and low-pressure steam enters
the absorber.
(4) Absorption process: The dilute solution generated by the generator flows back to the absorber
and the ammonia-water vapour from the evaporator are used for heat and mass transfer. The heat
is released during the absorption process to heat the external cooling water.
(5) A solution heat exchanger is installed between the generator and the absorber for heat
exchange between the dilute solution after the occurrence and the concentrated solution after
absorption, and the performance of the generator and the absorber can be effectively improved.
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Figure 2: Ammonia-water absorption heat pump system

4.2. Condition assumptions of the system
In the calculation of the basic ammonia-water absorption heat pump, the following assumptions are
made about the state of the process:
1) The system is in steady state operation;
2) Aqueous dilute solution at the generator outlet is saturated liquid;
3) The reflux solution at the rectifier outlet is a saturated liquid;
4) The concentrated ammonia-water solution at the outlet of the absorber is a saturated liquid;
5) Ignore heat loss.
4.3. Designed Parameters of the system
The heat source of evaporator is air, the heat source of generator is high-temperature flue gas, and
the cold sources of condenser, absorber, and rectifier are all cooling water.UA values of each heat
exchanger and mass flow rates of each fluid are shown in table 1.
Table 1 Typical operating conditions simulation data

Exchanger

UA (kW/K)

Fluid

Mass Flow Rate (kg/s)

Condenser

20.664

Water-condenser

18.656

Evaporator

46.479

Air

79.754

Absorber

74.702

Water-absorber

32.677

Generator

23.287

Flue gas

41.027

Rectifier

2.4248

Water-rectifier

4.088

Heat exchanger

18.688

Concentrated solution

1.11

Over-condenser

1.747

-

-

5. SIMULATION ANALYSIS OF PERFORMANCE UNDER DIFFERENT WORKING
CONDITIONS
In this chapter, the ammonia absorption heat pump system program established in this paper is
used to study the effects of low temperature heat source temperature, hot water inlet temperature
and driving heat source temperature on the performance and internal parameters of the heat pump
system in a large range of operating conditions.
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5.1. Influence of Low Temperature Heat Source on System Performance
The low temperature heat source of evaporator is air. When the temperature of flue gas is 180 °C,
the inlet temperature of hot water is 40 °C, and the temperature of the air increases from - 10 °C to
20 °C, the deflation range of the ammonia-water solution increases from 0.179 to 0.279, the
refrigerant flow rate also increases from 0.235kg/s to 0.383kg/s, thus the heat rate of each heat
exchanger increases, as shown in Fig. 3(a).

Figure 3: (a) heat rate varies with air
source temperature

Figure 3: (b) COP and heat generation
varies with temperature

The increase of air temperature is beneficial to the absorption heat pump system . And its COP
increases from 1.471 to 1.542, and heat production increases from 842.406kW to 1214.566kW. The
changes are shown in Fig. 3(b). The effect of evaporation pressure on COP is shown in figure 4.
The increase of air temperature will make evaporation pressure larger, which is conducive to
improving COP.

Figure 4: COP varies with evaporation pressure

5.2. Influence of Inlet Temperature of Cooling Water on System Performance
When the temperature of the air is 0 °C and the temperature of the flue gas is 180 °C. The COP of
the system is reduced from 1.516 to 1.471, and the heat production is reduced from 1175.973 kW to
756.729kW in the process of raising the inlet temperature of cooling water from 30 °C to 50 °C, as
shown in Fig. 5(a).
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Figure 5: (a) COP and heat generation
varies with water inlet temperature

Figure 5: (b) heat rate varies with
water inlet temperature

The condensation pressure increases, the deflation range of the system decreases, and the
refrigerant flow rate decreases when the temperature of cooling water rises. Thus adversely affects
system performance. The reduction of the refrigerant flow rate will inevitably reduce the heat rate of
each heat exchanger, which is shown in Fig. 5(b).
5.3. Influence of High Temperature Heat Source on System Performance
When the temperature of air is fixed at 0 °C, the cooling water temperature is 40 °C, and the flue
temperature increases from 130°C to 190°C, the deflation range of the system increases
continuously, the refrigerant flow rate also increases from 0.146kg/s to 0.298kg/s, and the heat rate
of each heat exchanger also increases all the time, as shown in Fig. 6 (a). The influence of heat
source temperature on the COP and heat production of the system is shown in Fig. 6 (b). When the
heat source temperature is 130 °C, the system COP is 1.495, then gradually increases, and after
160 °C, the system COP slightly decreases. The heat production increased from 508.407kW to
993.002kW with the increase of the heat source temperature. Because as the temperature of the
flue increases, the flow rate of refrigerant gradually increases. The evaporator can absorb more
heat from the low-temperature heat source, thus contributing to the increase of the COP of the
system. When the temperature of the heat source increases to a certain range, more water vapor
will evaporate from the generator, thus causing some of the heat to be absorbed by the water vapor
and wasted, so COP will not continue to grow or even slightly decrease.

Figure 6: (a) COP and heat generation
varies with driven temperature

Figure 6: (b) heat rate varies with
driven temperature
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6. CONCLUSIONS
This paper introduces the working process of air source ammonia-water absorption heat pump
system, and establishes a program to calculate the performance of the system. The calculated
results of the program are consistent with the theoretical analysis. The program will be further
improved in the later period, which will provide some references for the development and progress
of ammonia-water absorption heat pump technology. The main results are as follows:
(1) A simulation program of ammonia-water absorption system is established. The program uses
simultaneous solution of equations to simulate the steady state of the circulation system, which
has the advantages of fast convergence speed and good expansibility. The parameters of each
state point, heat rate and COP of each component of the system can be obtained by the
program in this paper, which has strong practicability.
(2) The ammonia-water absorption heat pump system with a heat production capacity of 1000kW is
simulated. The system performance and the variation rules of internal parameters of the system
under different working conditions are analysed. The simulation results are analysed
theoretically to verify the reliability and feasibility of the system. It is found that the COP of the
system increases with the increase of the evaporator heat source temperature; increases first
and then decreases slightly with the increase of the generator heat source temperature, and
decreases with the increase of the inlet temperature of the heating water.
(3) Using this program, thermodynamic and heat transfer system simulation can be more
conveniently carried out for ammonia-water absorption heat pump systems with different
processes, such as basic ammonia-water cycle, basic GAX cycle and branch GAX cycle.

NOMENCLATURE
P

pressure (MPa)

m

mass flow rate (kg/s)

T

temperature (K)

C

mass fraction (%)

H

enthalpy(kJ/kg)

Q

heat transfer(kW)

Cp

specific heat capacity

REFERENCES
Jianmin L. 2004. Performance analysis of GAX cycle for ammonia absorption refrigeration. Doctoral
dissertation, Southeast University.
Pátek J, Klomfar J. 1995. Simple functions for fast calculations of selected thermodynamic
properties of the ammonia-water system. International Journal of Refrigeration. 18(4),
228-234.
Xiaohui Z, Junjun G. 2014. Absorption heat pump technology and application. Metallurgical Industry
Publishers, Beijing, 1-3
Yongqing D. 2001. Lithium bromide absorption refrigeration technology and application. Mechanical
Industry Publishers, Beijing, 2-6

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4493

Manuscript ID: 775
DOI: 10.18462/iir.icr.2019.0775

Thermodynamic analysis of a novel high-temperature heat pump
for low-grade waste heat recovery
Carlos MATEU-ROYO, Joaquín NAVARRO-ESBRÍ, Adrián MOTABABILONI, Francisco MOLÉS, Marta AMAT-ALBUIXECH
ISTENER Research Group, Department of Mechanical Engineering and Construction,
Universitat Jaume I, Campus de Riu Sec s/n, E12071 Castelló de la Plana, Spain
mateuc@uji.es

ABSTRACT
This paper analyses the experimental preliminary results of a high-temperature heat pump (HTHP)
prototype for low-grade waste heat recovery. HFC-245fa was selected as a working fluid to establish
the baseline operation for future analyses of low global warming potential (GWP) alternative refrigerants.
The HTHP experimental test reached a production temperature of 140 ºC. Moreover, the theoretical
analysis shows the expected performance and the influence of the IHX for heat sources from 70 to
100ºC, the typical temperature range for the refrigeration jackets fluid of CHP systems. The theoretical
IHX influence analysis shows that heating capacity and COP increase by about 22% and 16.5%,
respectively, with the use of this component. Finally, the experimental setup gets a coefficient of
performance (COP) of 2.23 for waste heat temperature (heat source) of 80 ºC and production
temperature (heat sink) of 140 ºC.
Keywords: vapour compression, energy efficiency, low-GWP refrigerants, climate change, internal heat
exchanger (IHX)

1. INTRODUCTION
Heat pumps can substitute boilers powered with fossil fuels and can contribute to improve the energy
efficiency and decarbonise different types of the energy-intensive industries. However, their main
drawbacks are the still the associated high initial costs and the lack of maturity in the technology
(Wesseling et al., 2017). (Bataille et al., 2018) included industrial heat pumps as a possible technology
to make consistent this type of industries with Paris Agreement.
(Arpagaus et al., 2018) performed a comprehensive review of the heat pumps with heat sink
temperatures up to 150 °C, also named high-temperature heat pumps (HTHPs). The status of
development of HTHPs configurations is still mostly limited to theoretical analysis, like those analysed
by (Mateu-Royo et al., 2018) that considered external heat exchanger, in one and two-stages, or those
by (Mota-Babiloni et al., 2018), who considered HTHP cascades. About experimental studies, the
research is being performed using HTHP prototypes that use different component technologies and
working fluids in basic cycle configurations. (Chamoun et al., 2014) used a twin-screw water HTHP
equipped with plate condenser, an electrical expansion valve, a flash tank and a falling film evaporator.
(Bobelin et al., 2012) constructed an HTHP with scroll compressors, to provide heat up to 125 °C with
a developmental mixture fluid. For evaporating and condensing temperatures of 50 and 100 °C,
respectively, the COP was 4.48.
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Therefore, the HTHPs technology is in an earlier stage, in which the results of the prototypes are being
published. Additionally, it is not ready to reach higher production temperatures that can be adapted to a
wide range of industrial processes. This paper presents the first results of an HTHP experimental setup
designed to test low synthetic GWP refrigerants and reach heat sink temperatures of 140 °C. The
components of the vapour compression loop and secondary circuits, the test methodology exposed,
and the measurements are described. Then, the first measurements with HFC-245fa are presented and
discussed, to evaluate the performance that can reach this system and validate the first results. Finally,
the theoretical IHX influenced analysis and compared with the HFC-245fa experimental results.

2. THEORETICAL EVALUATION
In order to analyse the influence of the operating parameters (evaporating temperature, condensing
temperature, discharge temperature, and the use of IHX) on the heating capacity and the COP, a
previous simple theoretical study is carried out, as shown Fig. 1.

Figure 1: Schematic and P-h diagram of the single-stage cycle with IHX.

Around 30% of the input energy in a CHP is rejected as heat to the ambient. Typically, these CHP
systems use a fluid refrigerant through the jackets to maintain the combustion chamber in an optimal
operating temperature. These heat rejected to the ambient could be recovered using a high-temperature
heat pump (EPA, 2012). Thus, heat source temperatures in the theoretical evaluation are considered
between a range of 70-100 ºC to simulate the refrigerant fluid from CHP jackets whereas the heat sink
temperature is considered 140 ºC in order to simulate the thermal level of an industrial process. In this
theoretical study the following assumptions are made:
• A constant compressor isentropic efficiency of 0.75, the volumetric efficiency of 0.95 and electromechanic efficiency of 0.7 are considered.
• Sub-cooling degree of 2 K is considered at the condenser outlet.
• Superheating degree of 5 K is considered at the evaporator outlet
• Pitch point is considered 3 K at the evaporator and 10 K at the condenser.
• ΔT between inlet and outlet of the secondary circuits is considered 15 K at the evaporator and
10K at the condenser.
• The IHX effectiveness is considered 0.5.
• Isenthalpic process is considered at the expansion valve.
• No pressure losses and heat losses in any components are neglected.
The refrigerant mass flow rate (𝑚̇𝑟𝑒𝑓 ) is calculated as follows:
𝑚̇𝑟𝑒𝑓 = 𝜌𝑠𝑢𝑐 𝑉𝑐 𝜂𝑣𝑜𝑙 (

𝑁
)
60

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Eq.
(1[MV1])

4495

where 𝑁 is the compression rotation speed in rpm, and 𝜌𝑠𝑢𝑐 is the density of the refrigerant at the
compressor suction.
The heating capacity (𝑄̇𝑘 ) is defined as the product of the refrigerant mass flow rate and the refrigerating
effect (enthalpy difference between evaporator outlet and inlet):
𝑄̇𝑘 = 𝑚̇𝑟𝑒𝑓 (ℎ𝑘,𝑖𝑛 − ℎ𝑘,𝑜𝑢𝑡 )

Eq. (2)

The vapour suction temperature is calculated using Eq. (3).
εIHX =

ℎ𝑠𝑢𝑐 − ℎ𝑜,𝑜𝑢𝑡
ℎ𝑘,𝑜𝑢𝑡 − ℎ𝑜,𝑜𝑢𝑡

Eq. (3)

The electric power consumption of the compressor (W _
̇ C), is expressed in Eq. (4) as the product of the
mass flow rate and the isentropic enthalpy difference at the compressor divided by the isentropic and
electromechanical efficiencies.
ẆC =

𝑚̇ ∆ℎ𝑖𝑠,𝑐
𝜂𝑖𝑠 𝜂𝑒𝑚

Eq. (4)

To compare the influence of the volumetric flow rate at the compressor suction and the heating capacity,
the volumetric heating capacity (VHC) is calculated using Eq. (5).
𝑉𝐻𝐶 =

Q̇ k
𝜂 𝜌
𝑚̇𝑟𝑒𝑓 𝑣𝑜𝑙 𝑠𝑢𝑐

Eq. (5)

The theoretical COP only depends on thermodynamic states at the inlet and outlet of the evaporator
and the compressor and is defined as:
𝐶𝑂𝑃 =

𝑄̇𝑘
ẆC

Eq. (6)

3. EXPERIMENTAL SETUP AND PRELIMINARY RESULTS
The experimental tests are carried out considering a test bench that is represented in Fig. 2, which
contains the main components, sensors and configurations. It is composed of the main vapour
compression circuit and two closed secondary circuits, for the heat source and heat sink along with a
closed water cooler circuit. While the heat source circuit simulates potentially waste heat available from
industrial processes, the heat sink represents the high-temperature utilisation.
The vapour compression circuit consists of a scroll open-type compressor with a variable-speed electric
motor of 7.5 kW nominal power and displacement of 121.1 cm 3 per revolution (2900 rpm at 230 V and
50 Hz), magnetically coupled to each other. The polyester oil with a viscosity of 40 mm2/s (at 60 ºC) is
used to ensure the required compressor lubrication at high operating temperatures. All the heat
exchangers (condenser, sub-cooler, evaporator and internal heat exchanger, IHX) are brazed plate
type. Liquid receiver between condenser and sub-cooler is used to ensure the absence of bubbles
before the expansion process. Due to the lack of development of electronic expansion valves for hightemperature applications, the manual expansion valve is selected to control the correct superheating
degree at the outlet of the evaporator.
The secondary circuits are used to set the targeted evaporation and condensation temperatures. The
heat sink circuit uses thermal oil as the secondary fluid and is cooled by a closed-type cooling system
that allows the control of the thermal oil temperature. Moreover, the volumetric flow rate can be adjusted
using a variable-speed pump. This cooling water system is composed of a Proportional Integrative
Derivative (PID) controlled dry cooler to ensure the temperature stability of the heat sink circuit. The
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waste heat simulation system (heat source circuit) also regulates the secondary thermal oil temperature
through a set of immersed PID controlled electrical resistances.

Figure 2: Photo of the experimental prototype (ISTENER, Universitat Jaume I, Spain)

The thermodynamic states of the refrigerant are calculated using pressure and temperature
measurements in the required locations of the system. These values are obtained with calibrated
thermocouples and pressure transducers. The refrigerant mass flow rate is measured by a Coriolis mass
flow meter located at the liquid line while the power compressor consumption is measured using a digital
wattmeter. In the secondary circuits, temperature and volumetric flow rate are measured. Table 1 shows
the characteristics of the sensors and their uncertainty. Finally, the thermodynamic properties are
calculated using the REFPROP software (Lemmon et al., 2018).
Table 1: Summary of measurement sensors and uncertainties

Measured parameters
Temperatures
Pressures
Refrigerant mass flow rate
Heat source volumetric flow rate
Heat sink volumetric flow rate
Compressor power consumption

Sensor
J-type thermocouples
Piezoelectric pressure transducers
Coriolis mass flow meter
Vortex flow meter
Vortex flow meter
Digital wattmeter

Uncertainty
± 0.3 K
± 0.04% of reading
± 0.17% of reading
± 0.5% of reading
± 0.028 m3 h-1
± 1.55%

The test operating conditions for the start-up of the HTHP system are described in Table 2.
Table 2: Operating conditions in the start-up experimental test

Controlled parameters
Heat sink outlet temperature
Heat source inlet temperature
Superheating degree (SH) with IHX
Compressor drive frequency

Values
140 ºC (413.15 K)
80 ºC (353.15 K)
35 K
50 Hz
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The process for the selection of a steady state test consists of measuring for a time period of 40 min,
with a sample period of 1 s, in which the condensing and evaporating pressure are within an interval of
3.5 kPa. During the test, all the temperatures are within a deviation of ± 0.25 K and the refrigerant mass
flow rate is within ± 0.0007 kg·s-1. Then, once the steady-state operation is achieved (with 2400 direct
measurement), the data is processed with an algorithm in order to find the steady-state period of 10 min
(600 direct measurements) with the highest precision and accuracy
In order to check the accuracy of the measurements, a comparison between the heat load removed by
the refrigerant and the heat supplied by the brine at the evaporator is carried out. So, Fig. 3 shows a
comparison between the cooling capacity measured at the refrigerant side and the propylene glycol
brine side, including all the experimental tests used in this work with both refrigerants.
The heating capacity at the refrigerant side is obtained using the Eq. (2) moreover, the heating capacity
at the heat sink side is obtained using the measured thermal oil flow rate (𝑚̇ℎ𝑒𝑎𝑡 𝑠𝑖𝑛𝑘 ) and the
temperatures at the evaporator inlet (𝑇ℎ𝑒𝑎𝑡 𝑠𝑖𝑛𝑘,𝑖𝑛 ) and outlet (𝑇ℎ𝑒𝑎𝑡 𝑠𝑖𝑛𝑘,𝑜𝑢𝑡 ):
Eq. (7)

𝑄̇𝑠𝑖𝑛𝑘 = 𝑚̇𝑠𝑖𝑛𝑘 𝐶𝑝,𝑠𝑖𝑛𝑘 (𝑇𝑠𝑖𝑛𝑘,𝑜𝑢𝑡 − 𝑇𝑠𝑖𝑛𝑘,𝑖𝑛 )

Figure 3: Heating capacity at the condenser (comparing refrigerant and brine sides)

The uncertainty propagation of the characteristic parameters is obtained by the root-sum-of-squares
(RSS) method, taking into account both the uncertainty of the measurements (95% of confidence
level) as the uncertainty of the measuring devices (Taylor and Kuyatt, 1994). Table 3 shows the
uncertainties of the calculated parameters due to the uncertainties propagation of the test performed.
Table 3 Summary of measurement sensors and uncertainties

Uncertainty
Absolute
Relative

𝑊̇𝐶 (kW)
± 0.135
± 1.72%

𝑄̇𝑘 (kW)
± 0.5623
± 3.21%

𝐶𝑂𝑃
± 0.0816
± 3.66%

4. THEORETICAL AND EXPERIMENTAL RESULTS
The experimental performance parameters are calculated with the equation shown above whereas the
isentropic, volumetric and total compressor efficiencies were calculated using the Eq. (8), Eq. (9)
moreover, Eq. (10), respectively. Finally, second law efficiency is calculated using Eq. (11) to illustrate
the experimental performance results with the ideal Carnot COP. Table 4 shows the summary of results
for the main experimental energy performance parameters
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𝜂𝑖𝑠 =

ℎ𝑑𝑖𝑠,𝑖𝑠 − ℎ𝑠𝑢𝑐
ℎ𝑑𝑖𝑠 − ℎ𝑠𝑢𝑐

𝜂𝑣𝑜𝑙 =

𝜂𝑡𝑜𝑡𝑎𝑙 =

𝜂2𝑛 𝑙𝑎𝑤 =

Eq. (8)

𝑚̇𝑟𝑒𝑓

Eq. (9)

𝑁
𝑉𝐶 𝜌𝑠𝑢𝑐 (60)

𝑚̇𝑟𝑒𝑓 (ℎ𝑑𝑖𝑠 − ℎ𝑠𝑢𝑐 )𝑖𝑠
𝑊̇𝑐

Eq. (10)

𝐶𝑂𝑃
𝐶𝑂𝑃
=
(𝑇
− 𝑇𝑠𝑜𝑢𝑟𝑐𝑒,𝑖𝑛 )
𝐶𝑂𝑃𝑐𝑎𝑟𝑛𝑜𝑡
𝑇𝑠𝑖𝑛𝑘,𝑜𝑢𝑡 𝑠𝑖𝑛𝑘,𝑜𝑢𝑡

Eq. (11)

Table 4: Summary of the preliminary experimental results

Performance
𝜂𝑖𝑠
parameters
HFC-245fa
0.79
(Experimental)

𝜂𝑣𝑜𝑙

𝑚̇𝑟𝑒𝑓

0.96

0.13

𝑇𝑑𝑖𝑠

𝑊̇𝑐

𝑄̇𝑘

𝑉𝐻𝐶

𝐶𝑂𝑃

𝜂𝑡𝑜𝑡𝑎𝑙

𝜂2𝑛 𝑙𝑎𝑤

159.85 7.85 17.5 3125.8 2.23

0.55

0.32

Theoretical and experimental results are presented together as shown in Fig. 4 and Fig. 5. The
experimental power consumption with IHX in the steady-state studied is 7.85 kW. The theoretical results
illustrate similar values of this parameter using IHX, and therefore, the theoretical calculation without
IHX shows that this component increases the compressor power consumption of about 4.75%, as shown
in Fig. 4a. Similarly, Figure 4b shows that the IHX increase the heating capacity of around 22%.

(a)

(b)

Figure 4: Experimental and theoretical result and IHX influence of: (a) Compressor power
consumption and (b) Heating Capacity

Strongly related with the previous energy parameters analysed, experimental and theoretical results of
COP are presented in Fig. 5. The experimental COP is situated close to the theoretical results with the
value of 2.23. The theoretical IHX in these parameters shows that about 16.5% energy performance
increase is expected with the use of this component. Thus, this theoretical results promotes the use of
IHX in HTHPs, and therefore, more experimental studies about IHX influence in HFC-245fa and
alternative low-GWP refrigerants are required.
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Figure 5: Experimental and theoretical result and IHX influence of COP

5. CONCLUSIONS
This paper describes and analyses the preliminary experimental results of a novel high-temperature
heat pump (HTHP) based on a scroll compressor adapted to high-temperature applications with HFC245fa. The baseline operation for future analyses of low global warming potential (GWP) alternative
refrigerants is established. The HTHP experimental test with HFC-245fa reached a production
temperature of 140 ºC.
The theoretical analysis shows the expected performance and the influence of the IHX for heat sources
from 70 to 100ºC, the typical temperature range of the jackets refrigeration fluid in CHP systems. A
heating capacity increases of 22% is expected with the use of IHX whereas the COP shows an increase
of 16.5%. This theoretical result promotes the use of IHX in HTHPs, and therefore, more experimental
studies about IHX influence in HFC-245fa and alternative low-GWP refrigerants are required.
Finally, the experimental setup gets a coefficient of performance (COP) of 2.23 for waste heat
temperature (heat source) of 80 ºC and production temperature (heat sink) of 140 ºC. These promising
experimental results illustrate that high-temperature heat pump will perform a crucial role in the
decarbonisation and climate change mitigation.
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NOMENCLATURE
𝜀
ℎ
𝑚̇
𝜂
𝑃
Subscripts

effectiveness
enthalpy (kJ·kg-1)
mass flow rate (kg·s-1)
efficiency
Pressure (kPa)

𝑄̇𝑘
𝑊̇𝑐
𝑇𝑑𝑖𝑠
𝑉𝐻𝐶

heating capacity (kW)
compressor power consumption (kW)
Discharge temperature (ºC)
Volumetric heating capacity (kJ·m-3)
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dis
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o
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discharge
inlet
isentropic
evaporating
outlet

ref
sink
source
suc
vol

refrigerant
heat sink
heat source
suction
volumetric

Coefficient Of Performance
Global Warming Potential
hydrofluoro-olefin
High-Temperature Heat Pump

HFC
HCFO
IHX

hydrofluorocarbon
hydrochlorofluoro-olefin
Internal Heat Exchanger

Abbreviations
COP
GWP
HFO
HTHP
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ABSTRACT
Vapor compression very high temperature heat pumps (VHTHPs) with low-GWP refrigerants have
attracted enormous attention for waste heat recovery. To yield high temperature output, a water
vapor screw compressor with water-injection is developed and a VHTHP prototype is established to
conduct the experimental investigation. The results show that when condensation temperature Tc
increases from 110 to 150oC and evaporation temperature Te is 75oC, 80oC and 85oC, COP of this
VHTHP ranges between 1.85-4.03, 1.89-4.88 and 1.96-6.10, respectively. COP can reach the
highest value 6.10 with heating capacity of 284.7 kW at Te=85oC, Tc=117oC. What’s more, the
highest condensation temperature of this water vapor VHTHP can reach 150oC with the COP of
1.96 when Te=85oC. So the water vapor VHTHP can supply pressured hot water or high
temperature steam when the user is favourable. Considering the characteristic of high energy
efficiency and environment friendly, this VHTHP is highly desirable and competitive.
Keywords: Water Refrigerant, High Temperature Heat Pump, System COP, Water Injection.

1. INTRODUCTION
Heat pumps are highly attractive energy conversion technologies in industrial production, since they
offer efficient ways to reduce primary energy consumption by utilizing waste heat or any kind of low
grade thermal heat (Bless et al., 2016). Vapor compression heat pumps are widely used and
available in a large variety of sizes for different industrial applications. Because of the various of
heat sources and supplying temperature, the vapor compression heat pump can be classified as
conventional heat pump (HP), high temperature heat pump (HTHP) and very high temperature heat
pump (VHTHP), as shown in Fig.1 (Bobelin and Bourig, 2012; Bless et al., 2018). VHTHP can
supply heat temperature over 100oC with the heat source between 60 and 100oC. According to a
study of the International Energy Agency (IEA) (Eisentraut and Brown, 2014), industry is the largest
heat-consuming final sector with 79 EJ in 2011, accounting for nearly 46% of the world total energy
use for heat in that year. And great application potential for VHTHPs has been identified in the
paper, food, beverages, metal and chemical industries, in particular in drying processes. Many
researchers are investigating VHTHPs using simulation and experimental methods and the
refrigerants investigated are mainly R1336mzz(Z), R245fa, R1234ze(Z), R600, and R601 (Kondou
et al., 2014; Ochsner, 2015; Nilsson, 2017; Haasteren et al., 2017).
However, as shown in Fig.2 (Calm and Hourahan, 1999; Calm, 2008), with the development of time,
the requirement of refrigerant is different. Water is the representative of natural refrigerant in the
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fourth stage with 0 ODP and GWP. Its thermodynamic properties such as high critical temperature
(374.15oC) at pressure (22.13 MPa) make it more suitable for heat pump applications with high
temperature. There are some researchers who are interested in using water refrigerant in the HTHP
systems. Chamoun et al. (2011) presented a water vapor HTHP system. Although they performed
both experimental and numerical investigations into the performance of this heat pump, they didn’t
give actual operation performance of this heat pump at certain working conditions (Chamoun et al.,
2014). Shen et al. (2014) designed and analyzed a HTHP system with a water-jet screw vapor
compressor. Using water spray makes the discharge water vapor reach a saturation point and meet
the requirements of high temperature rise. Because of no actual experimental performance of
HTHP with water refrigerant presented, the feasibility of it isn't verified.
In this paper, a water vapor compression VHTHP was designed and simulated. Then a prototype of
this HTHP with water refrigerant was set up to validate the feasibility of this VHTHP.

Figure.1 The classification of vapor

Figure.2 The development of refrigerants at different time

compression heat pumps

2. WATER VAPOR COMPRESSION VHTHP SYSTEM
Fig.3 shows the schematic diagram of the water vapor compression VHTHP system and its p-h
diagram, which includes an evaporator, a flash tank, a compressor, a condenser, a liquid collector,
an expansion valve, a circulating water pump and an injection water pump.
In the water vapor VHTHP cycle, the overheated water vapor from the evaporator at state1 flows
into the flash tank and releases heat to saturation state. Part of the water in the flash tank absorbs
the heat of overheating to evaporate into vapor. Then water vapor in the flash tank is sucked into
the water vapor compressor at saturation condition, state 2. The low pressure and low temperature
water vapor is compressed to a middle pressure and temperature state in the working chamber of
water vapor compressor. During the compression process, the low temperature water at state 9
which comes from external environment is injected into the water vapor compressor by the injection
water pump. The compressed water vapor in former stage mixes with the injected water and
recompressed in the later stage. The injected water absorb the sensible heat of the compressed
overheated water vapor and evaporate in the next working chamber of the water vapor compressor.
The biphasic mixture is compressed and discharged at high pressure and temperature at state 3.
Afterwards, the high pressure and temperature water vapor flows into the condenser and is cooled
by the cooling water from the user side. The condensate water at state 4 is collected in the liquid
collector and the water at state 5 expands to low pressure and temperature mixture through an
expansion valve. The water and vapor mixture at state 6 flows into the flash tank. Part of the water
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in the flash tank (state 7) is pumped into the evaporator by the circulating water pump. The water
pumped into the evaporator (state 8) absorbs the waste heat from the heat source and evaporates
into water vapor with certain temperature and pressure. Finally, the overheated water vapor at
state1 flows back into the flash tank and will be sucked into the compressor in the next cycle.

(b) p-h diagram
(a) schematic diagram
Figure. 3 The water vapor compression VHTHP system

SIMULATION AND EXPERIMENT
2.1.

Simulation model

The compressor volumetric efficiency,

!"# ,

is defined in Eq. (1).
!!
𝜂!"# = 𝑉 ∙ 𝑉!!

Eq. (1)

where 𝑉 is the compressor actual volume flow rate in m3·r-1, 𝑉!! is the compressor theoretical
volume flow rate in m3·r-1.
The refrigerant mass flow rate of the compressor outlet is m in kg·m-1, shown in Eq. (2).
𝑚 = 𝜌 ∙ 𝑛 ∙ 𝑉!! ∙

Eq. (2)

!"#

where 𝜌 is the refrigerant density in the suction side in kg·m-3, 𝑛 is the rotation speed of the
compressor in rps.
The compressor isentropic efficiency, !"   , is defined in Eq. (3).
!"

= ℎ!"# − ℎ! ∙ ℎ!" − ℎ!

!!

Eq. (3)

where ℎ!"# is the actual compression enthalpy of refrigerant in kJ·kg-1, ℎ!" is the isentropic
compression enthalpy of refrigerant in kJ·kg-1, ℎ! is the enthalpy of refrigerant in the suction side in
kJ·kg-1.
The power consumption of compressor is W in kW, shown in Eq. (4).
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𝑊 = 𝑚 ∙ (ℎ!" − ℎ! )  ∙

!"

!!

Eq. (4)

where ℎ! is the enthalpy of refrigerant in the suction side in kJ·kg-1.
The heating capacity of heat pump system is Q in kW, shown in Eq. (5).
Eq. (5)

𝑄 = 𝑚 ∙ (ℎ! − ℎ! )

where ℎ! is the enthalpy of refrigerant in the suction side of condensor in kJ·kg-1, ℎ! is the
enthalpy of refrigerant in the discharge side of condensor in kJ·kg-1.
The COP of the system is shown in Eq. (6).
𝐶𝑂𝑃 = 𝑄 ∙ (𝑊 + 𝑊!"#! )!!   

Eq. (6)

where 𝑊!"#! is power consumption of the circulating water pump and injection water pump in kW.
2.2.

Experimental set up

In order to verify the precision of the simulation model and the feasibility of the VHTHP with water
refrigerant, a prototype of the water vapor compression VHTHP was built based on the schematic
diagram, as shown in Fig.4. In this prototype, a special designed twin-screw oil-free water vapor
compressor was used. And there are three water-injection point in the compression chamber, as
shown in Fig.5. Besides, the internal compression ratio and the rotation speed of this compressor
are 7 and 5000 rpm respectively. The rated heating capacity of plate condenser and falling film
evaporator are 300 kW and 240 kW respectively. To maintain water vapor supply and provide
enough space to flash, the volume of the flash tank is 2.5 m3. An electrically controlled expansion
valve is adopted in which the condensation pressure is used as controlling signals.

Figure.4 The prototype of the water vapor VHTHP

Figure.5 The photo of the water vapor
compressor

The temperatures are measured using PT100 temperature senor with an accuracy of ±0.2oC.
System pressures are measured using pressure transducers (accuracy, ±0.5% of full scale) with a
measuring range of 0~0.16 MPa for the low pressure (below ambient) side and 0~1.6 MPa for the
high pressure side. The volume flow rate of supply water is measured by a pipeline vortex flowmeter
(accuracy, ±0.5% of reading) with a measurement range of 0~1100 m3·h-1. The mass flow rate of
injected water is measured by a metal tube float flowmeter (accuracy, ±0.5% of reading) with a
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measurement range of 0~63 L·h-1. All the experimental data, such as temperature, pressure, water
mass flow rate and electrical power are collected and recorded by a PLC-200 control system.

3. RESULT AND DISCUSSION
The simulation was conducted to investigate the performance of this water vapor VHTHP system
under different working conditions, such as different condensation and evaporation temperatures.
And experimental investigation are also under the same conditions with the highest condensation
temperature upto 150oC. The results comparison are shown in the following figures, in which Te,exp
means experiment evaporation temperature, Te,sim means simulation evaporation temperature,
Tlift,exp means experiment temperature lift and Tlift,sim means simulation temperature lift.
The performances of this twin-screw oil-free compressor in actual operation are shown in Fig.6 and
Fig.7. Fig.6 shows that the volumetric efficiency of compressor has a negative correlation with the
condensation temperature at the same evaporation temperature. With the increase of pressure
difference, the increase of leakage between compression chamber and exit leads the decrease of
volumetric efficiency. And as shown in Fig.7, the adiabatic efficiency of compressor also
approximately decreases as the condensation temperature increases.

Figure.6 The change of volumetric efficiency

Figure.7 The change of adiabatic efficiency with

with condensation temperature at different

condensation temperature at different

evaporation temperature

evaporation temperature

Figure.8 The change of compression ratio with

Figure.9 The change of mass flow rate with

condensation temperature at different

condensation temperature at different

evaporation temperatures

evaporation temperatures
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Fig.8 shows that when the evaporation temperature is kept at 75oC, 80oC and 85oC, the
compression ratio ranges between 2.8 to 9.0 as the condensation temperature increases from 110
to 150oC. The highest compression ratio 9 is reached at Te=80oC and Tc=145oC.
Fig.9 illustrates that when the condensation temperature increases from 110 to 150oC and the
evaporation temperature is kept at 75oC, 80oC and 85oC, the mass flow rate of water vapor in the
system varies between 0.054-0.069 kg·s-1, 0.065-0.096 kg·s-1 and 0.078-0.133 kg·s-1, respectively.
On account of the decrease of compressor volumetric efficiency and density of the water vapor, the
mass flow rate of the system decreases with the increase of condensation temperature at constant
evaporation temperature.

Figure. 10 The change of power consumption

Figure.11 The change of heating capacity with

with condensation temperature at different

condensation temperature at different

evaporation temperature

evaporation temperature

Fig.10 presents that as the condensation temperature increases from 110 to 150oC and the
evaporation temperature is kept at 75oC, 80oC and 85oC, compressor power of the water vapor
VHTHP increases from 38.2 to 64.2 kW, 42.9 to 75.3 kW and 46.7 to 82.7 kW, respectively. At the
same evaporation temperature, power consumption shows positive correlation with condensation
temperature. In spite of the fact that the mass flow rate has a negative correlation with the
condensation temperature, the increase of enthalpy difference and the decrease of compressor
adiabatic efficiency lead the increase of power comsumption.
The heating capacity change with the condensation temperature is illustrated in Fig.11 at various
evaporation temperature 75oC, 80oC and 85oC. With the condensation temperature increasing from
110 to 150oC, the heating capacity of the water vapor VHTHP increases from 118.8 to 155.0 kW,
142.6 to 209.3 kW and 162.3 to 284.8 kW at Te=75oC, 80oC, 85oC, respectively. Due to Eq.(5), the
heating capacity of this water vapor VHTHP is mainly determined by the latent heat and the mass
flow rate of water vapor. However, the p-h characteristic of water decides that at operation
conditons, the latent heat of water keeps almost constant. Based on the above, the heating capacity
is determined by the mass flow rate of water vapor, and it has positive correlation with the mass flow
rate of water vapor. In view of the negative correlation between the mass flow rate and the
condensation temperature, the heating capacity shows negative correlation with the condensation
temperature when evaporation temperature is constant.
The variety of COP with condensation temperature at Te=75/80/85oC is shown in Fig.12. When the
condensation temperature increases from 110 to 150oC, the COP of the water vapor VHTHP
ranges between 1.85-4.03 (Te=75oC), 1.89-4.88 (Te=80oC) and 1.96-6.10 (Te=85oC). The trend of
COP curve illustrates that the COP of this heat pump has negative correlation with the
condensation temperature, and it decreases more slowly as the condensation temperature
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increases. This is mianly due to the decrease of the heating capacity and the increase of the power
consumption. Fig.13 illustrates the variety of COP with constant temperature lift at different
condensation temperature. At the same temperature lift, the COP increases with the increase of
condensation temperature, because the heating capacity increases faster than the power
consumption. When the evaporation temperature is 85oC with 32oC temperature lift, the COP reach
6.10. Even though the temperature lift reach 65oC and the condensation tempreature reach 150oC,
the COP can still achieve 1.96.

Figure.12 The change of COP with condensation

Figure.13 The change of COP with condensation

temperature at different evaporation

temperature at different temperature lift

temperature

4. CONCLUSIONS
In this paper, a new VHTHP with water refrigerant is proposed and a VHTHP prototype is set up to
validate the feasibility of this heat pump. The experimental results show that the natural refrigerant
water is a promising working medium for heat pump system with very high temperature output. And
twin-screw oil-free compressor with water-injection is suitable for compressing water vapor and
decreasing the discharge temperature in this VHTHP. The performance of this water vapour
VHTHP is excellent. When the condensation temperature increase from 110 to 150oC and the
evaporation temperature is 75oC, 80oC and 85oC, the COP of this water vapor VHTHP ranges
between 1.85-4.03, 1.89-4.88 and 1.96-6.10, respectively. When the evaporation temperature is
85oC and the condensation temperature is 117oC, COP can reach the highest value 6.10 with
heating capacity of 284.7 kW and compression ratio of 2.84. What’s more, the highest condensation
temperature of this water vapor VHTHP can reach 150oC with the temperature lift of 66oC and COP
of 1.96.
According to a study of the IEA, industry is the largest heat-consuming final sector and accounts for
nearly 46% of the world total energy use for heat in 2011. Potential heat demand in industry are for
space heating (>35oC), drying processes (>70oC) or process heat (120-150oC). Besides hot water,
water vapor with high temperature and pressure also accounts a large proportion in the heat
demand. And this water vapor VHTHP with the highest supply temperature of 150oC can not only
supply hot water but also water vapor with high temperature and pressure. So great application
potential for this water vapor VHTHPs is identified in the paper. In addition, natural refrigerant water
is the representative working medium in the fourth stage low-GWP refrigerants with
unexceptionable environmental protection property.
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Combining the advantages of VHTHP and water refrigerant, water vapor VHTHP is highly desirable
due to the characteristic of energy efficiency and environment friendly. It is a promising and
competitive technology in future industrial applications.
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ABSTRACT
Industrial waste heat utilization by absorption cooling systems is an energy-saving option,
especially in tropical areas. However, waste heat conditions vary under different scenarios, and
optimization is always important. To make full use of the waste heat, there are two aspects. First,
the waste heat exchange network should be optimized by minimizing the irreversible loss. Second,
the absorption system should properly couple to the optimized heat exchange network. In this
paper, the two-step method is presented together with a real case study. Extra heat of 5250-8020
kW with temperature of 108-83℃ is obtained through the optimization, and is used for absorption
cooling. The first law and second law efficiencies are increased by 54.0% and 67.7% respectively.
Considering the 8000 h/yr operation of the system per year, the system could generate 3.2×107
kWh cooling output. Estimated with the local tariff, the payback period is about 2.2 years.
Keywords: Absorption system, Heat pump, Waste heat recovery, Optimization.

1. INTRODUCTION

Industry processes consume enormous energies and release large amount of waste heat. With
the modern energy conversion technologies, the waste heat can be recovered to produce
electricity and chilled water(Brückner et al., 2015). In a waste heat recovery and conversion system,
the energy input is waste heat instead of commonly used electricity or fossil fuel, the waste heat
recovery system is energy-saving, economical and environmentally friendly, and thus has
attracted researchers' great attention.
The available technologies for waste heat recovery mainly include heat to power conversion, heat
to refrigeration conversion and heat upgrading. The heat to power conversion includes the
Rankine cycle, Organic Rankine cycle (Carcasci et al., 2014; Kaşka, 2014; Sprouse and Depcik,
2013) and Kalina cycle (Bombarda et al., 2010; Mirolli, 2005; Ogriseck, 2009). The heat to
refrigeration conversion includes the absorption refrigeration (Kalinowski et al., 2009; Khaliq et al.,
2012; Mone et al., 2001), adsorption refrigeration (Saha et al., 2001; Wang and Oliveira, 2006;
Wang et al., 2011) and desiccant cooling (Dai et al., 2001; Daou et al., 2006). The heat upgrading
includes the absorption heat pump (Sözen et al., 2002; Wu et al., 2014), absorption heat
transformer (Donnellan et al., 2015; Ma et al., 2003; Zhang et al., 2014) and vapor compression
heat pump (Fatouh and Elgendy, 2011; Yilmaz, 2003). If there is time or space mismatch between
waste heat supply and user demand, use of heat storage (Kuravi et al., 2013; Yu et al., 2013) is
necessary. Despite so many technologies for waste heat recovery, no general guide is available
in terms of how to select a proper technology for a given waste heat system.
In this paper, a case study is given to show how to optimize the waste heat recovery with
absorption cooling system and heat exchange network optimization. The original system is located
in the tropical area and provides demineralized water to industrial users. First, we conduct a heat
exchange network optimization analysis using the second law of thermodynamics based pinch
point method such that the temperature and amount of the available waste heat can be evaluated
with the optimized heat exchange network. Second, we provide a detailed implementation plan to
make better utilization of the waste heat. At last, economic benefit of the optimized system is
analyzed to show the practicability.
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2. OPTIMIZATION OF THE WASTE HEAT RECOVERY SYSTEM
This case study aims to accomplish an optimal design for the waste heat system using absorption
cooling system. To achieve the project goal, the analysis of the original system, technology
selection, optimized system design are carried out in sequence.
2.1. Analysis of the Original System
F4(DMW)
70-75oC User1
F1
95-100oC

F1(Condensate)
105-110oC

F1
35-40oC

Tank

Cooler-1

Cooler-2

Sea water
cooler

DM
Plant

F2(DMW)
35-40oC

F3(DMW)
35-40oC User2

Figure 1: Schematic of the original system

Fig.1 depicts a schematic of the original system located in the tropical area which provides
demineralized water (DMW) to industrial users through demineralized plant (DM plant). The hot
steam condensate (F1) is sequentially cooled by cooler-1, cooler-2 and seawater cooler before it
flows into the DM plant. The heat dissipation in two coolers is recovered for heating the DMW to
user 1 (F4), but the heat dissipation in seawater cooling process is wasted. In the original system,
there are three sets of operation conditions shown in Table 1. In order to obtain the optimal design
of the waste heat recovery system, the waste heat recovery in the original system is analyzed first.
The heat flows in each heat exchange process are calculated from the given temperatures and
flow rates. A medium temperature in the given temperature range (for example 108 oC in 105~110
oC) is used in calculation.
Table 1. Flow rates in different operating conditions

Condition

Flow rate F1 (t/h)

Flow rate F2 (t/h)

Flow rate F3 (t/h)

Flow rate F4 (t/h)

1
2
3

275±5
275±5
180

450
450
275

205
130
205

245
320
70

Assuming that the pinch point of the heat exchange network is decreased to 10 ºC (easy to be
achieved), the optimal design for waste heat recovery can be obtained with the pinch point
technology. At the same time, such design should meet other requirements by the users as shown
below:
(1) Temperature of F1 into the DM plant is lower than 40 oC;
(2) Temperature of F4 to user 1 is maintained between 70 oC and 75 oC.
The heat exchange processes under condition 1 are calculated from Table 1 and shown in Table
2 and Fig. 2. The temperature changes and flow rates of hot/cold flows are presented for each
heat exchange process. The discharged heat (i.e., the thermal energy dissipated by seawater
cooler) has a temperature of 76.8 oC. The smallest temperature approaches in cooler-1 and
cooler-2 are 35 oC and 25 oC respectively. The largest temperature approaches in cooler-1 and
cooler-2 are 60 oC and 38.8 oC respectively. From a thermodynamic viewpoint, larger temperature
approaches mean higher level of irreversible losses in the preheating process of DMW.
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Table 2. Heat exchange processes in condition 1

Cooler-1
Cooler-2
Seawater
cooler

Hot flow
Condensate
Condensate

Temp. (oC)
108→98
98→76.8

Rate (t/h)
275
275

Cold flow
DMW
DMW

Temp. (oC)
38→73
38→73

Rate (t/h)
78.6
166.4

Condensate

76.8→35

275

Seawater

-

-

Figure 2: Temperature-heat load diagram in three heat exchangers：Condition 1

In order to enhance the waste heat recovery, the irreversible loss can be reduced and more waste
heat can be utilized (with less discharged heat of lower temperature). Through the optimization
using the pinch point technology, we obtain the optimal design. Table 3 shows the heat exchange
processes after the optimization for condition 1. The temperature of discharged heat is reduced
from 76.8 oC to 51.8 oC. As a result, hot water with a temperature range of 108 to 83oC is available
and the available thermal power is 8020kW.
Table 3. Optimal design for condition 1

Available
Cooler
Seawater
cooling

Hot flow
Condensate
Condensate

Temp(oC)
108→83
83→51.8

Rate (t/h)
275
275

Cold flow
DMW

Temp(oC)
38→73

Rate (t/h)
245

Condensate

51.8→35

275

Seawater

-

-

2.2. Technology Selection
Based on the above analyses, the temperature ranges of the thermal power are 108→83 oC,
corresponding to the qualities of the available thermal power as 8020 kW. Considering the local
demand, chilled water and electricity are preferred. The proper technology for the available waste
heat recovery should have the following features: (1) activated by the heat source of its temperature
range from 108 to 83 oC, (2) a large scale application, (3) be able to convert the waste thermal
power into chilled water or electricity. Below is our selecting procedure:
(1) We first select the proper options for low grade heat recovery. According to the heat source
temperature and demand, the available technologies mainly include: absorption cooling, adsorption
cooling, organic Rankine cycle and thermoelectric conversion.
(2) Among those four technologies, the adsorption cooling and the thermoelectric conversion are
not proper for large scale applications. Only the absorption cooling and the organic Rankine cycle
are suitable.
(3) There is strong cooling demand in tropical area, so we compare the cooling efficiency of two
technologies, the absorption cooling and the adsorption cooling. Typical absorption cooling with the
current heat source temperature has the COP of 0.7, while the efficiency of the organic Rankine
cycle driving vapor compression cooling is around 0.5. Therefore we choose the absorption cooling
with higher efficiency.
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2.3. Optimized System with Absorption Cooling

Chilled
water

Absorption
chiller

F4

Cooling
water

F1
Tank

Cooler

F3

DM
Plant

Sea water
cooler
F2

Figure 3: Schematic of our proposed heat recovery design after optimization

In our plan, steam condensate flow (F1) is used to activate a Lithium-Bromide (LiBr)-water
absorption chiller first, and then to heat the DMW flow (F4). Fig.3 depicts a schematic of our
proposed design after optimization. The steam condensate (F1) flows sequentially through the
chiller, the cooler and the seawater cooler. The absorption chiller is cooled by the seawater cooler.
Fig.4 shows the heat exchange processes of our improved design under condition 1. The
condensate provides 8.02 MW of heat input to the chiller, 10MW heat input to the cooler and has
5.4MW heat dissipation to the seawater cooler. This will lead to the cooling power of 5.6MW
produced.

Figure 4: Temperature-heat load diagram of the improved construction: condition 1

2.4. Consideration of other Working Conditions
Except for condition 1, the other two conditions shown in Table 1also need to be investigated to
see whether this plan works or not. With the same methodology shown above, condition 2 and
condition 3 are analyzed and optimized. The heat exchange processes under condition 2 and
condition 3 are provided in Fig. 5, and the heat exchange processes after the optimization are
shown in Fig. 6.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4514

(a)
(b)
Figure 5: Temperature-heat load diagram of the original system: (a) condition 2 and (b)condition 3

As shown in Fig. 5(a) and Fig. 6(a) for condition 2, the inlet of the seawater cooler has a
temperature of 67.3 oC. The smallest temperature approaches in cooler-1 and cooler-2 are 35 oC
and 25 oC respectively. The largest temperature approaches in cooler-1 and cooler-2 are 60 oC
and 29.3 oC respectively. After the optimization, the temperature at the inlet of the seawater
cooler is reduced from 67.3 oC to 48 oC. Thus hot water with a temperature range from 108oC to
88.7oC is now available, and the available thermal power is 6192 kW. Similarly, as shown in Fig.
5(b) and Fig. 6(b) for condition 3, the temperature at the inlet of the seawater cooler is reduced
from 94.4oC to 69.4oC. Thus, hot water with a temperature range from 108 to 83oC is now
available, and the available thermal power is 5250 kW.
The energy flows after optimization could are also clearly shown in Fig. 6. For condition 2, the
condensate provides 6.19 MW of heat input to the chiller, 13.07 MW heat input to the cooler and
has 4.17 MW of heat dissipation to the seawater cooler after improvement. This will lead to a
cooling power of 4.33 MW being produced. For condition 3, the condensate provides 5.25 MW of
heat input to the chiller, 2.86 MW heat input to the cooler and has 7.22 MW of heat dissipation to
the seawater cooler. This will lead to a cooling power of 3.67 MW being produced after
improvement.

(a)
(b)
Figure 6: Temperature-heat load diagram of the improved system: (a) condition 2 and (b) condition 3

Table 4 summarizes the features of the optimal heat recovery: (1) The heat dissipation power
(through seawater cooling) in the improved design has a range from 4170 kW to 7224 kW.
Compared to the heat dissipation in the original design, the improved design reduces the heat
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dissipation by 60%-42%. (2) Heat source with its temperature range from 108oC to 83oC is
available with the thermal power of 5250-8220kW. It is utilized by the LiBr-water absorption chiller
and can be utilized to produce a cooling power of 3675-5614 kW.
Table 4. Optimal design for condition 1

Condition

Input power of
chiller (kW)

Power of
cooler (kW)

Power of heat
dissipation (kW)

Original heat
dissipation (kW)

1
2
3

8020
6192
5250

10010
13057
2856

5390
4170
7224

13410
10362
12474

3. EVALUATION OF THE OPTIMIZED SYSTEM
In section 2, three major conditions are evaluated to check the feasibility of the optimized design.
In the real operation, flow rate and temperature of F1 also change from time to time, which makes
the average condition different from the major working condition. In this section, the evaluation
of the optimized system is carried out based on the average working condition, which describes
the long-term performance for this system.
3.1. Energy Flow for the Average Working Condition
Limited by the paper length, results for only condition 1 is shown in this section. According to the
historical data, condition 1 under average F1 flow rate/temp. has the following parameters: F1
flow rate of 258 t/h and temperature of 106 °C, and F3/F4 flow rates of 205/245 t/h. Thermal
energy with temperatures ranging from 106 oC to 80 oC and a capacity of 7826 kW can be
recovered by the absorption chiller. Detailed thermal and mass balances are shown in Table 5.
Cooling output of 5478 kW can be achieved by the absorption chiller. Cooling loads of 13304 kW
and 3552 kW are required respectively for the absorption chiller and F1 into DM plant.
Table 5. Optimal design for Condition 1 under average F1 flow rate/temp.

Chiller
Heat exchanger
Cooling tower

Hot flow
Condensate F1
Condensate F1
Condensate F1

Temp.(oC)
106→80
80→46.8
46.8→35

Rate (t/h)
258
258
258

Cold flow
DMW
-

Temp(oC)
35→70
-

Rate (t/h)
320
-

Fig. 7 shows the first law and second analyses for condition 1 under average F1 flow rate/temp.
Available thermal power is calculated from reference temperature of 31.5 oC. First law efficiencies
are 44.6% and 68.7% for the original and improved systems respectively. First law efficiency
improvement of 54.0% is achieved. Exergy rate is also calculated from reference temperature of
31.5oC. The exergy efficiencies are 26.9% and 45.1% for the original and improved systems
respectively. Second law efficiency (output exergy rate/input exergy rate) improvement of 67.7%
is achieved.

Input:
106oC, 258t/h
Thermal power=22424 kW
Exergy rate=2363 kW

Output to F4:
35 70oC, 245t/h
Thermal power=10004 kW
Exergy rate=636 kW
Heat dissipation: 35oC
Thermal dissipation= 12420 kW
Exergy dissipation& destruction=1727 kW

(a)
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Heat input to chiller:
106 80oC, 258t/h
Thermal power=7826 kW
Exergy rate=1312 kW

Wasted heat input:
106oC, 258t/h
Thermal power=22424 kW
Exergy rate=2363 kW

Heat input to F4r:
80 46.8oC, 258t/h
Thermal power=10004 kW
Exergy rate=940 kW

Cooling output: 9oC
Cooling power=5400 kW
Exergy rate=430 kW
Heat dissipation:
40 35oC, 2267 t/h
Thermal dissipation rate= 13226 kW
Exergy dissipation rate=255 kW
Exergy destruction rate=627 kW
Output to F4:
35 70oC, 245t/h
Thermal power=10004 kW
Exergy rate=636 kW
Exergy destruction rate= 304 kW

Heat dissipation: 46.8 35oC, 258t/h
Thermal dissipation rate= 4594 kW
Exergy dissipation rate= 111 kW

(b)
Figure 7: Energy and exergy flow of Condition 1 under average F1 flow rate/temp (Reference
temperature =31.5oC), (a) Analysis before improvement; (b) Analysis after improvement

3.2. Economic Analysis for the Long-term Operation
According to historical data, the system is expected to operate for 8000h/year. Considering the
operation period and average cooling output for conditions 1- 3, the maximum cooling power
delivered by the system per year is about 3.3×107 kWh. Considering the fluctuation of working
conditions, 3.2×107 kWh of cooling output should be delivered. Considering a COP of 4.0 for
commercial compression cooling system, 8×106 kWh of electricity consumption will be saved
every year. Based on the local tariff in the last five years, the electricity price of 0.15 USD/kWh
could be used for economic analysis, and economic benefit per year is 1200k USD.
Investments for the project include the costs for absorption chiller, extra heat exchanger, pumps,
installation, operation and manpower. The total cost could be covered by investment of 2600k
USD, thus ensuring a payback period of 2.2 years.

4. CONCLUSION
In this paper, we discuss the procedure of waste heat recovery optimization with absorption
cooling in two steps including the heat exchange network optimization via pinch point technology
and the design of optimized waste heat recovery system. A case study is involved to illustrate
the two steps and also the energy/economic benefit obtained from the optimization. Results show
that both the first law efficiency and second law efficiency of the system could be increased
significantly. Besides, short payback period also proves the economic feasibility of such
optimization.
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ABSTRACT
An advanced dual-source R744 two-stage parallel compression hot water heat pump system
(DEPC) was proposed by combining a dual-source system with a two-stage parallel compression
system. Both air and ground heat were taken as the heat sources, which can effectively improve
the stability and system performance of heat pump system. The model of the system was analysed
and established, and then programs were written in MATLAB to simulate the system. Taking COP
as the main criterion, the maximum COP and optimal state point of the system were found out.
Furthermore, the system was compared with the conventional dual-evaporator system (DE), and
the superiority of the optimized system was presented.
Keywords: Carbon Dioxide, Dual Source, Heat Pump, Optimization.

1. INTRODUCTION
In residential, industrial and commercial areas, heat pump water heater is the focus of application
and research currently because of its advantages of good energy saving and mature technology.
Heat pump system can transform low-grade energy in air or soil into water by consuming less highgrade energy. It is an effective way to reduce energy waste and improve energy efficiency. In
addition, with the improvement of human awareness of environmental protection and the impact of
environmental deterioration, R744 as a natural refrigerant has been widely concerned by scholars
at home and abroad. R744 has many advantages that traditional refrigerants do not have, such as
non-toxicity, easy access, etc. The ODP of R744 is zero and its GWP value is only 1. Many
countries use R744 as an effective means to reduce global warming in heat pump water heater,
such as Norway and Japan. However, the critical temperature of R744 is low. When the hot water
temperature to be produced is high, the system will operate transcritically. Lorentzen (1994),
Nekså (2002), Kim (2004), Ma et al. (2013), Gullo et al. (2018) and many other researchers have
made outstanding contributions to the application characteristics and advantages of R744 in
transcritical cycles. Nawaz et al. (2018) pointed out that in order to provide high-temperature hot
water, the R744 system must run across critical conditions. Mancini et al. (2011) compared R744
transcritical cycle with R134a subcritical cycle, and they showed that R744 transcritical cycle has
better matching and performance for high temperature water generation. R744 has the ability to
produce high temperature hot water with high heat transfer coefficient, which makes it one of the
best alternatives to HFCs refrigerants.
Changing the structure of transcritical system is a very effective way to improve heat pump system
performance. Reasonable system design can sufficiently adapt to design conditions and improve
COP (Coefficient of Performance). One of the approach is to adopt dual-source, which is one of
the hotpots in current research. Using double heat sources to absorb heat in heat pump system
can improve the efficiency of heat supply, avoid the shortcomings of single heat source and
improve system stability. At present, there are two main forms of dual-source heat pump systems,
which are series system and composite evaporator. For series systems, solar energy is often used
as an auxiliary heat source. Lazzarin (2012) studied the combination of solar collector with air
source heat pump and ground source heat pump respectively. When the ambient temperature is
low in winter, solar energy or air source heat pump alone cannot meet the heating demand very
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well. If the solar energy is used in series as an additional part of the heat pump system, the heating
demand can be well met and the COP of the system can be effectively improved. Chargui and
Sammouda (2015) put forward a method of residential heating coupled with solar heating and heat
pump system, and describes the house mathematically on TRNSYS. The simulation results show
that the system can meet the heating needs of local buildings or greenhouses. Buker and Riffat
(2016) summarized some research results of solar assisted heat pump (SAHP) system for hot
water production. They concluded that the combination of solar energy and heat pump system has
strong environmental adaptability and stability. Chen et al. (2012) presented an air-water dualsource series heat pump system to produce hot water. Water is preheated in waste water first, and
then it enters the heat pump system to continue absorbing heat. The dimensionless
correspondence analysis method is used to analyse the system and the results proved that the
COP of the series system is higher than that of the single heat source system, and it is more
suitable for the cold environment in winter. Wang et al. (2015b) studied and tested the dual-source
coupled heat pump system in an office building in Shenyang. The results show that the COP of
heat pump is better and more stable when it is in the form of dual heat source.
Another approach to enhance system performance and stability is to adopt two-stage compression.
It is well known that two-stage compression systems have higher system performance than series
systems. Bertsch and Groll (2008) simulated and experimentally studied a two-stage compression
heat pump system for air or water heating. The results show that the performance of the two-stage
system is obviously better than that of commercial single-stage compression system. Kwon et al.
(2013) studied a two-stage compression heat pump system for waste heat recovery. It was pointed
out that when the pressure difference of the system was large, the two-stage compression would
be more efficient than the single-stage compression system, and the system performance would
be greatly improved. Shuxue and Guoyuan (2014) established a two-stage compression heat
pump system model with vapour injection, and the heating performance of the system was studied
experimentally. The results show that the COP of two-stage compression is 10% -12% higher than
that of single-stage compression. Gullo et al. (2016) evaluated the R744 two-stage system from an
energy and environmental perspective and added a parallel compressor to the system. The results
show that both have a significant improvement in system performance.
Because there are many variable parameters in two-stage system, the analysis and optimization of
these parameters is an important step to improve performance, and is also one of the focuses of
many scholars. White et al. (2002) simulated the R744 heat pump water heater system, and
obtained that the gas cooler pressure has a great influence on the system performance, and has
an optimum pressure to make the best performance. Agrawal et al. (2007) studied and found that
for R744 two-stage system, there exists an optimum gas cooler pressure and intermediate
pressure, resulting in the maximum COP of the system. Cavallini et al. (2005) analysed the effect
of two-stage compression intercooling system on cycle efficiency from both simulation and
experiment, and analysed the optimum gas cooler pressure and influence of intercooler efficiency
on cycle performance. From the above, the gas cooler pressure and intermediate pressure of the
transcritical two-stage system are the key parameters affecting the performance.
From the above literature review, to the best of the authors’ knowledge, no studies were reported
on the combination of two-stage parallel compression with air-ground dual source hot water heat
pump system. On the basis of the above researches, this paper proposes a system which
combines air-ground dual-source with two-stage parallel compression heat pump system. The
system can separately use two different temperature heat sources under different evaporation
temperature to strengthen the performance improvement effect. Following that, this paper will carry
out mathematical modelling and optimization of the system, and analyse the influence of gas
cooler pressure and intermediate pressure on the system.

2. SYSTEM UNDER ANALYSIS
2.1.

System Description

After the above analysis, a two-stage parallel compression heat pump system with dual-evaporator
(DEPC) was proposed and the system scheme of DEPC system is shown in Fig. 1(a). The two
evaporators in the system can absorb heat from air and soil separately for the purpose of dualsource utilization. In addition, the parallel compressor compresses the refrigerant more efficiently,
which can reduce the system's power consumption and improve the performance of the system.
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Figure 1: (a) Dual-evaporator and parallel compressor system (DEPC) (b) Conventional dualevaporator system (DE)

In contrast, as mentioned in the previous literatures, in a conventional R744 two-stage dualevaporator compression system (DE) shown in Fig. 1(b), there is usually only one intermediate
pressure (refrigerant at the gas cooler outlet is throttled to intermediate pressure) and no parallel
compressor. Based on this, the DEPC system is compared to a DE system at the same operating
conditions.
2.2.

Operating Conditions and Assumptions

Both systems are assumed to operate in northern China for water heating. On the hot water
demand side, the system is applied in commercial water heaters, which can heat 300L of water per
hour from 25 oC to 70 oC, and the gas cooler load is 1.57×104W. The systems and simulation
methods are simplified for theoretical research under the following assumptions:
1) Saturated vapor at both evaporator outlet, and superheat at point 1 is maintained to 5K.
(Pitarch et al., 2016)
2) Approach temperature of the gas cooler and IHX is fixed at 3 K. (Cecchinato et al., 2009)
3) According to the local climate conditions, the evaporation temperatures of two evaporators are
respectively -10 oC and 5 oC
4) Because the soil source temperature is higher, the more refrigerants flow into the soil source
evaporator, the better the system performance will be. However, due to the higher cost of
installation and maintenance of soil source evaporator, this paper assumes that the mass flow
rate of refrigerant entering air source evaporator and soil source evaporator is the same from
the economic point of view.
5) The pressure drop of refrigerant in the heat exchangers and connecting pipes are negligible.

3. SIMULATION AND ANALYSIS METHOD
3.1.

Simulation Models

The refrigerant in gas cooler is in transcritical state and releases heat to the external water. As
mentioned above, the minimum heat transfer temperature difference of gas cooler is 3 K. Because
the water is heated to 70 oC, the refrigerant temperature at the inlet of gas cooler (t5) should be
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greater than or equal to 73 oC. This is one of the criteria for judging whether the system is feasible
or not. The pressure in the gas cooler (Ph) is a variable and this parameter has an important
influence on the system performance. This paper will analyze the impact of Ph on system
performance when its value changes between 80 bar and 110 bar. The heat release power of
refrigerant in gas cooler can be calculated as:

Qc = M gc × (hgc ,in − hgc ,out )

Eq. (1)

The refrigerant at the outlet of gas cooler enters the receiver in a two-phase state after isenthalpic
throttling. The pressure at the receiver (Prec) is another variable that has a great impact on system
performance. The range of values of Prec can be obtained from the system conditions: greater than
Pev2 and satisfying the refrigerant condition at the receiver inlet to be two-phase. To this end, an
intermediate pressure coefficient C1 is introduced.

C1 =

Prec
Pev 2

Eq. (2)

Because Pev2 has been determined, C1 is proportional to Prec. The value range of C1 is greater than
1, and further optimization analysis is needed.
For compressors, the system involves high pressure compressor, low-pressure compressor and
parallel compressor. Their isentropic efficiency can be expressed Eq. (3). (Liao et al., 2000)

η = 1.003 - 0.121×

Pout
Pin

Eq. (3)

The equation was obtained by best fitting the experimental data of a R744 compressor made by
Danfoss A/S. Therefore, the thermodynamic process of refrigerant in compressor can be
expressed as Eq. (4)

h out = hin +
3.2.

hout , s − hin

η

Eq. (4)

Analysis Method

Through the above modeling, we can see that the gas cooler pressure (Ph) and intermediate
pressure (Prec) in DEPC system are two variables, and they have a significant impact on the
system performance. Therefore, it is necessary to optimize these two variables. In this paper, the
system performance is simulated when Ph and C1 change in a reasonable range of values as
mentioned above. A computation code is programmed in MATLAB to do system simulation and
optimization. Firstly, an initial value of Ph and C1 is given. Then, the values of Ph and C1 are
changed one by one and iterated in MATLAB.
After calculating in the above way, all possible situations of the system can be involved. Based on
COP, this paper evaluates and analyses the performance of DEPC system, and finds the optimal
state point of the system and its corresponding Ph and C1 values.

4. RESULTS AND DISCUSSIONS
Through the above calculation results, this section presents and analyses the system performance
when Ph and C1 change in detail, and finds the optimal state point of the system. In addition, this
part also makes a comparative analysis of DEPC system and DE system to reflect the superiority
of the improved DEPC system. The COP is the most direct measurement of system performance
calculated from the ratio of heating load to system work consumption, which is defined by Eq. (5).
Q
Qc
Eq. (5)
COP = c =
W WHP + WLP +WPC
4.1.

Optimal Analysis of DEPC System

Fig. 3 shows the COP value of DEPC system intuitively when Ph and C1 change. As can be seen
from the three-dimensional graph shown in figure, COP value varies from about 2.9 to 3.9. In all
the range of values, the COP value presents a form of high in the middle and low around, and
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there is a maximum value. It can be concluded that both Ph and C1 have a significant impact on
COP, and there is a combination point that maximizes COP of DEPC system.

Figure 3: Relationship between COP and Ph and C1

Through analysis, the optimal state point of the system is the point when Ph = 86bar, C1 = 1.25,
COP = 3.85, as shown in the black dot in Fig. 3. It should be noted in particular that the optimal
state point of the system is not the maximum point of COP value shown in Figure 3. Because, as
mentioned above, the refrigerant temperature at the gas cooler inlet should be greater than 73oC.
This is the limitation of checking whether the system meets the requirements of design conditions,
and other points with COP greater than 3.85 do not meet the above restrictions and therefore do
not have the conditions to heat water to 70 oC. On the other hand, when the temperature of hot
water demand is lower, other points with larger COP values can be considered.
For the optimal state point when Ph=86 bar, C1=1.25, COP=3.85, the P-h diagram and detailed
performance parameters at this time are shown in Fig. 4 and Table 1. It can be seen from the table
that the total compressor power consumption is only 4.07 kW when the heating load is 15.7 kW,
because the COP value of DEPC system is large at this point and the system has a high energy
efficiency ratio. Moreover, the refrigerant temperature at the inlet of the gas cooler is 73.62 ℃,
which meets the design condition of the system.

Figure 4: P-h diagram of the optimal state point

From the power consumption ratio of the three compressors, the power of the high pressure
compressor is 2.64 kW, accounting for 64.7% of the total compressor power consumption. The
power of the low pressure compressor and the parallel compressor is only 14.8% and 20.5% of the
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total power of the compressors. It can be seen that the high pressure compressor is the main
power-consuming component of the system, which provides guidance for maintenance in practical
application and further optimization in the future.
Table 1. Detailed performance parameters of the optimal state point

Ph (bar)

C1

COP

tgc,in (℃)

W(W)

WLP (W)

WHP (W)

WPC (W)

M( kg × s -1)

86

1.25

3.85

73.62

4071.6

602.58

2635.1

833.96

0.0923

4.2.

Comparison of DEPC System and DE System

Compared with the conventional two-stage compression system (DE) with only one intermediate
pressure, DEPC system proposed in this paper optimizes throttling pressure and adds a parallel
compressor to the system, which can theoretically improve system performance. In this part, the
COP values of the two systems will be compared and analyzed to reflect the superiority of DEPC
system. Since Ph and C1 are the two main variables affecting the system performance, this part
analyses the COP values when Ph or C1 changes separately. The fixed values of Ph and C1 in this
part are the values of the optimal state point, namely Ph=86 bar, C1=1.25.
It should be pointed out that DE system does not optimize the throttling intermediate pressure. The
throttling pressure is the same as the evaporation pressure of soil source. That is to say, the
middle throttling coefficient C1 = 1 of DE system all the time. Thus, when Ph is fixed, the COP of DE
system is fixed. Fig. 5 (a) and 5 (b) below show the COP values of the two systems when Ph or C1
are fixed.
As can be seen from Fig. 5 (a), the value of C1 in DE system is constant to 1, so COP does not
change with the change of C1, and COP value is constant to 3.61. For DEPC systems, COP shows
a trend of increasing first and then decreasing with the increase of C1, and there is a maximum
value. The COP value range of DEPC system is about 3.65~3.81. It can be seen that the minimum
COP value of DEPC system is larger than that of DE system. As can be seen from Fig. 5 (b), the
trend of COP change with Ph in the two systems is basically the same, showing a form of
increasing first and then decreasing. Moreover, under different Ph values, COP of DEPC system is
always larger than that of DE system, and the maximum increase is about 15%.

(a)

(b)

Figure 5: COP of the two systems when Ph are fixed (a) and C1 are fixed (b)

It can be concluded that adding parallel compressor and optimizing intermediate throttling pressure
in the system can effectively enhance the COP of the system. By adding a parallel compressor to
the system, a part of the refrigerant can be directly compressed from the intermediate throttling
pressure (Pm) to the gas cooling pressure (Ph). Although this will reduce the inlet temperature of
the gas cooler to some extent, the advantage is that the compressor power consumption of DEPC
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system can be significantly reduced. In addition, because the system optimizes the throttling
intermediate pressure (Pm), throttle loss can be effectively reduced, and the inlet pressure of
parallel compressor is also optimized. Integrating the influence of various factors, the system
performance of DEPC can be significantly improved.

5. CONCLUSIONS
In this paper, a dual-source R744 two-stage parallel compression hot water heat pump system with
dual-evaporator (DEPC) for commercial water heater is proposed, which improves the
conventional simple two-evaporator system (DE). The system variables of Ph and C1 are analysed,
and the system is optimized by the method of iterative calculation. After that, DEPC system was
compared with DE, and the superiority of the DEPC was analysed. The conclusions obtained are
as follows:
(1) DEPC system can combine dual-source heat pump system with two-stage compression
heat pump system, and can meet the heating demand of commercial water heaters.
(2) In MATLAB, the maximum COP can be accurately found when two variables change at the
same time by using the method of iteration calculation and taking the maximum value.
(3) When Ph=86bar, C1=1.25, the system has the maximum COP that meets the design
conditions and is the optimal state point of the system. At this time, the COP value is 3.85.
(4) The performance of the optimized DEPC system is higher than that of the conventional
two-stage compression system. COP can be increased by about 20%.
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NOMENCLATURE
C1

intermediate pressure coefficient

COP

DE

dual-evaporator system

DEPC
-1

specific enthalpy ( kJ × kg )
mass flow rate ( kg × s -1)
QC
gas cooler load (W)
x
vapor quality of two-phase fluid
Greek symbols
Subscripts and superscripts
1-15
state points of heat pump system
ev2
soil source evaporation
h
high pressure
in
inlet
m
intermediate
PC
parallel compressor
s
isentropic process
h
M

IHX
P
W

coefficient of performance
dual-evaporator with parallel
compression system
internal heat exchanger
pressure (bar)
compressor work (W)

η

compressor isentropic efficiency

ev1
gc
HP
LP
out
rec

air source evaporation
gas cooler
high pressure compressor
low pressure compressor
outlet
receiver

REFERENCES
Agrawal, N., Bhattacharyya, S., Sarkar, J., 2007. Optimization of two-stage transcritical carbon
dioxide heat pump cycles. Int J Therm Sci 46, 180-187.
Bertsch, S.S., Groll, E.A., 2008. Two-stage air-source heat pump for residential heating and
cooling applications in northern U.S. climates. Int. J. Refrigeration 31, 1282-1292.
Buker, Mahmut S., Riffat, S.B., 2016. Solar assisted heat pump systems for low temperature water
heating applications: A systematic review. Renew Sust Energ Rev 55, 399-413.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4525

Cavallini, A., Cecchinato, L., Corradi, M., Fornasieri, E., Zilio, C., 2005. Two-stage transcritical
carbon dioxide cycle optimisation: A theoretical and experimental analysis. Int. J.
Refrigeration 28, 1274-1283.
Cecchinato, L., Chiarello, M., Corradi, M., Fornasieri, E., Minetto, S., Stringari, P., Zilio, C., 2009.
Thermodynamic analysis of different two-stage transcritical carbon dioxide cycles. Int. J.
Refrigeration 32, 1058-1067.
Chargui, R., Sammouda, H., 2015. Numerical Simulation of a Residential House Coupled with a
Dual Source Heat Pump System. International Letters of Chemistry, Physics and Astronomy
55, 150-159.
Chen, Z., Tao, W., Zhu, Y., Hu, P., 2012. Performance analysis of air-water dual source heat pump
water heater with heat recovery. Science China Technological Sciences 55, 2148-2156.
Gullo, P., Elmegaard, B., Cortella, G., 2016. Energy and environmental performance assessment
of R744 booster supermarket refrigeration systems operating in warm climates. Int. J.
Refrigeration 64, 61-79.
Gullo, P., Hafner, A., Banasiak, K., 2018. Transcritical R744 refrigeration systems for supermarket
applications: Current status and future perspectives. Int. J. Refrigeration 93, 269-310.
Kim, M., 2004. Fundamental process and system design issues in CO2 vapor compression
systems. Prog Energ Combust 30, 119-174.
Kwon, O., Cha, D., Park, C., 2013. Performance evaluation of a two-stage compression heat pump
system for district heating using waste energy. Energy 57, 375-381.
Lazzarin, R.M., 2012. Dual source heat pump systems: Operation and performance. Energ
Buildings 52, 77-85.
Liao, S.M., Zhao, T.S., Jakobsen, A., 2000. A correlation of optimal heat rejection pressures in
transcritical carbon dioxide cycles. Appl Therm Eng 20, 831-841.
Lorentzen, G., 1994. Revival of carbon dioxide as a refrigerant. International Journal of
Refrigeration 17, 292-301.
Ma, Y., Liu, Z., Tian, H., 2013. A review of transcritical carbon dioxide heat pump and refrigeration
cycles. Energy 55, 156-172.
Mancini, F., Minetto, S., Fornasieri, E., 2011. Thermodynamic analysis and experimental
investigation of a CO2 household heat pump dryer. Int. J. Refrigeration 34, 851-858.
Nawaz, K., Shen, B., Elatar, A., Baxter, V., Abdelaziz, O., 2018. Performance optimization of CO2
heat pump water heater. Int. J. Refrigeration 85, 213-228.
Nekså, P., 2002. CO2 heat pump systems. Int. J. Refrigeration 25, 421-427.
Pitarch, M., Navarro-Peris, E., Gonzalvez, J., Corberan, J.M., 2016. Analysis and optimisation of
different two-stage transcritical carbon dioxide cycles for heating applications. Int. J.
Refrigeration 70, 235-242.
Shuxue, X., Guoyuan, M., 2014. Experimental study on two-stage compression refrigeration/heat
pump system with dual-cylinder rolling piston compressor. Appl Therm Eng 62, 803-808.
Wang, H., Liu, X., Feng, G., Kang, Z., Luo, Y., Bai, B., Chi, L., 2015b. Simulation and Analysis of
Air-Ground Dual source Heat Pump Operating Efficiency. Procedia Engineering 121, 14131419.
White, S.D., Yarrall, M.G., Cleland, D.J., Hedley, R.A., 2002. Modelling the performance of
a transcritical CO2 heat pump for high temperature heating. Int. J. Refrigeration 25, 479-486.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4526

Manuscript ID: 832
DOI: 10.18462/iir.icr.2019.0832

Decarbonization of industrial processes with heat pumps
Veronika WILK(a), Michael LAUERMANN(a), Franz HELMINGER(a)
) AIT Austrian Institute of Technology GmbH
Vienna, 1210, Austria,
veronika.wilk@ait.ac.at, michael.lauermann@ait.ac.at, franz.helminger@ait.ac.at
(a

ABSTRACT
To counteract climate change the efficient use of energy in industry becomes increasingly important.
Heat pumps enable decarbonized industrial processes by replacing fossil fuels with electricity.
DryFiciency develops and demonstrates high temperature heat pumps using OpteonMZ as
refrigerant to supply hot water up to 160°C. Heat pumps will be installed in drying processes for
starch and bricks in two Austrian companies in spring 2019. We present design considerations for
high temperature heat pumps, as well as the expected CO2 reductions and primary energy savings.
Calculations are based on numerical process simulation. At the two demo-sites CO2 emission
reductions up to 40-90% and primary energy reduction from 20-80% can be achieved compared to
natural gas. If the heat pump technology is spread out to 50% of all drying processes in the EU, they
would contribute 3-7% of the CO2 emission reduction necessary to achieve the EU climate targets.
Heat pumps improve the energy efficiency of industrial processes significantly. The demonstrators
are an important step in the development of viable industrial solutions.
Keywords: CO2 Emission, Design, Drying, Energy Efficiency, R1336mzz(Z), Simulation.

1. INTRODUCTION
Recently, the International Panel on Climate Change published a special report pointing out the
importance to drastically reduce the CO2 emissions to stabilize global warming at 1.5°C. This implies
changes in behaviour and lifestyle worldwide. Concerning the impact of industry, pathways limiting
global warming to 1.5°C project CO2 emissions from industry to be about 65–90% lower in 2050
relative to 2010. Such large reductions require substantial efforts and combinations of new and
existing technologies and practices, including increasing energy and process efficiency,
electrification, hydrogen, sustainable bio-based feedstocks, product substitution, and carbon
capture, utilization and storage (IPCC 2018). Almost nine out of ten of all national contributions
submitted to the 2015 climate summit in Paris mention energy efficiency (IEA 2016). The European
Union (EU) set itself the target of reducing greenhouse gas emission by 40% below 1990 level,
increasing energy efficiency by 32.5% and raising the share of renewable energy to 32% of total
energy consumption by 2030 (European Parliament 2018a, European Parliament 2018b).
Heat pumps for industrial applications can make an important contribution to increasing the efficiency
of industrial processes and reducing CO2 emissions and enable decarbonized industrial processes
by replacing fossil fuels with electricity. In this paper, the CO2 emission and primary reduction
potential of high temperature heat pumps for industry is presented based on the development of two
prototypes for drying processes.

2. HIGH TEMPERATURE HEAT PUMPS FOR DRYING
The focus of the H2020 project DryFiciency is the development and demonstration of high
temperature heat pumps for industrial drying and dehydration processes. The heat pumps use
industrial waste heat as the heat source and supply hot water up to 160°C. Two heat pumps
prototypes will be installed in drying processes for starch and brick in the first quarter of 2019.
The heat pumps are designed as closed compression heat pumps with a heating capacity of around
400 kW. R-1336-mzz(Z) is used as refrigerant, that was already successfully been tested at AIT in
a lab-scale heat pump prototype (Fleckl et al. 2015). It is marketed by Chemours under the trade
name OpteonMZ and is a synthetic refrigerant based on HFO (hydrofluoro-olefin) developed for high-
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temperature applications up to 160°C. It has a low GWP value of 2 (Global Warming Potential). Two
different kinds of compressors are used for the heat pump prototypes, screw and piston
compressors. Fuchs Schmierstoffe GmbH develops a suitable lubricant for both compressors, which
fulfils all necessary requirements with regard to lubrication and viscosity. Furthermore the challenge
is to find a lubricant which is chemically and thermally stable at high temperatures with the refrigerant.
Bitzer Kühlmaschinen GmbH adapted their HS screw compressor for high temperature applications.
The HS screws are suitable for multiple refrigerants, such as R134a, R404A, R507A, R407C and
R22 and others. Most commonly, the compressors are used in refrigeration plants and heat pumps
with evaporation temperatures from -50 to 12°C and condensation temperatures in the range of 45
to 70°C. The maximum suction gas temperature is 30°C and the maximum discharge gas
temperature amounts to 100°C. The adapted version of the HS compressor can be applied for
suction gas temperatures up to 100°C and discharge temperature of 160°C. It has a swept volume
of 300 m³/h at 60 Hz. Two screw compressors are used to supply about 400 kW of process heat.
The piston compressors integrated in the second demonstrator are developed and supplied by Viking
Heat Engines AS. The compressor design is based on an ORC (Organic Rankine Cycle) expander
used for heat recovery applications with an overall design temperature of 215°C. The expander has
already been extensively tested at high temperatures and achieves high efficiencies. The
compressor designed is 90% the same as the ORC and built on the same piston bottom-end, only
the cylinder head is different. Over the past five years, the piston expander has undergone a
comprehensive development program to achieve a long service life and high durability at very high
temperatures. Today, this piston machine technology is equally capable of operating in organic
Rankine cycles (ORCs) as well as vapour compression heat pump systems. The compressor is
designed for use with OpteonMZ, but have also been used with commonly applied HFC e.g. R135a,
R245fa and several HFO e.g. R1336mzz-E, R1234ze, R1233zd. One piston compressor has a swept
volume of 55 m³/h at 60 Hz. A total of eight compressors arranged in two modules of four are used
to supply 400 kW of process heat.
Drying processes are among the most important process steps in the food industry, pulp and paper
and chemical industry and require intensive use of energy. Estimates show that 12-25% of the
national industrial energy consumption in developed countries is attributable to industrial drying
(Mujumdar (2006), Kemp (2012), Minea (2011)). Currently, most of this energy is supplied by fossil
fuels with no or only limited recovery of waste heat streams. The energy saving opportunities by the
use of more efficient low grade waste heat recovery technologies was estimated to 12% savings for
the chemical industry and 4% for petroleum refineries in energy consumption by 2030 according to
Chan and Kantamaneni (2015). Hence, there is a great potential for more efficient and environmentfriendly technologies for industrial drying processes. In the following, the starch drying process and
the drying of bricks in which the high temperature heat pumps will be integrated are described in
more detail.
2.1.

Starch Drying

Agrana Starch GmbH operates many dryers in its 54 sugar and starch factories for product and byproduct drying. In Pischelsdorf in Austria, at their integrated bioethanol and wheat starch production
site, the starch dryer will be equipped with a high temperature heat pump. The starch drying process
is a continuous process with an entrained flow dryer. Drying air is preheated in a water-air heat
exchanger using heat from a heat recovery cycle, which is fed from other drying processes. In the
original set up without heat pump, the drying air is heated to around 160°C in a second heat
exchanger with steam. Steam is provided in a natural gas-fired power plant. Figure 1 shows the
integration of the heat pump. After preheating the drying air, the heat recovery circuit is also used as
the source for the evaporator of the heat pump system. The inlet temperature is about 70°C. In the
condenser heat is transferred to the drying air via an intermediate water circuit and a water-air heat
exchanger. The heat supply temperature of the heat pump is up to 160°C. With the heat pump, the
use of steam in the third heat exchanger can be reduced or completely eliminated depending on the
selected heat supply temperature of the heat pump. Thereby, the heat recovery cycle can be used
to a larger extent and the use of natural gas is reduced.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4528

Exhaust air
~200 t/h@52°C
(48% RH)

Dry product
14 t/h
(10% moisture)

Steam
Intermediate circuit
(Water)

Flow
stream
dryer

Condenser

100°C

Wet product
(35-40% moisture)

Closed loop
heat pump

90°C
Water
(HRC)
~200 t/h@158°C

~200 t/h
@30°C

140°C

Evaporator

70°C
Drying
agent (air)

Figure 1: Starch drying process with high temperature heat pump

2.2.

Brick Drying

Wienerberger AG, the world’s largest brick producer, operates about 200 brick dryers. In the brick
factory in Uttendorf in Austria, a high temperature heat pump will be integrated to supply heat for the
drying process. In brick production, the bricks are first formed, dried and then fired. The drying
process takes place in a continuous tunnel dryer shown in Figure 2. Air is used as the drying agent,
which moves in a counter-current flow through the dryer. The bricks enter the dryer with 28%
moisture and are dried to 2%. The drying air in the tunnel is heated by internal heat exchanger
surfaces, which are supplied with 90°C hot water provided by a heat recovery circuit. The heat pump
also uses this circuit as the heat source, the evaporator is placed in front of the heat exchangers.
The heat pump supplies hot air via an intermediate water circuit, where heat supply temperatures of
up to 160°C can be achieved. The hot air is fed into the outlet zone of the tunnel dryer, where the
highest temperatures are required for drying.

Figure 2: Brick drying process with high temperature heat pump

3. METHODOLOGY
3.1.

Numerical Simulation of Heat Pump and Drying Process

A simulation model of two heat pump demo plants was created in the simulation package
Dymola/Modelica. For the thermal modelling of the heat pump components the TIL library was used,
which is widely used in refrigeration (Richter, 2008).
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The modelling of the screw compressor and the piston compressor was based on measured data
with an efficiency-based approach. The compressor is described by the isentropic and volumetric
efficiency, which are a function of the pressure ratio and the condensation or evaporation
temperature. The isentropic efficiency is based on the ideal isentropic compression and also
considers the suction and pressure side pressure losses, internal leakage, re-expansion of the
compressed fluid and mechanical friction. The volumetric efficiency describes the ratio between the
geometrically possible mass flow and the actual mass flow through the compressor. For the screw
compressor no measurement curves with R-1336mzz(Z) are available yet, therefore measurement
data with R134a have been used, since both refrigerants have a similar isentropic exponent. For the
description of the piston compressor, measurement data from Viking Heat Engines AG with
R-1336mzz(Z) for volumetric and isentropic efficiency are available and were implemented in the
model. The heat exchangers are modelled using the Number of Transfer Units method (NTU) and
the pinch point as an input parameter enabling a reliable and robust calculation of the exchanged
heat.

Figure 3: Schematic view of a twin cycle heat pump with parallel source

Figure 3 shows the configuration of the heat pump. It is a twin cycle set up, where each compressor
module is located in a single refrigerant cycle. The condensers are arranged in series, the
evaporators in parallel. Thus, the temperature lift is reduced somewhat for one of the two cycles and
about one half of the heating capacity is provided at a higher COP. The twin cycle layout is also
beneficial in terms of safety, start up procedure and official permits because of the smaller amount
of refrigerant in the cycles. One cycle is equipped with a single Bitzer compressor or four Viking Heat
Engines compressors. Due to the thermodynamic properties of the refrigerant, an internal suction
gas heat exchanger is used to ensure dry compression.
The following boundary conditions were applied for the simulation based on the two heat pump demo
plants: The source inlet temperature is 70°C for the Agrana heat pump, two screw compressors with
the Bitzer characteristic and a constant speed of 60 Hz were used in this simulation. For the
Wienerberger heat pump, the inlet temperature of the heat source is 90°C, eight piston compressors
with the Viking Heat Engines characteristic and a constant speed of 60 Hz were used. For both demo
plants, the condenser outlet temperatures were varied (110, 120, 140, 160°C). The spread at the
condenser is set to 40 K. The pinch of the heat exchangers (evaporator and condenser) was
assumed to be constant at 3 K. The suction gas superheat in the evaporator is 5 K, the hot gas
superheat is 10 K.
3.2.

CO2 emission and primary energy calculation

Potential reduction in CO2 emissions and primary energy consumption are calculated by comparing
the original process to the process with the heat pump. In the original process at Agrana, heat is
supplied by steam boilers fired by natural gas. At Wienerberger, a natural gas burner is used to heat
the drying air. With the use of the heat pump, natural gas consumption is reduced but electricity is
needed for the compressor. The CO2 emission factor relates the amount of CO2 emitted into the
atmosphere to the end energy available as process heat. In case of the CO2 equivalent, also other
greenhouse gases such as methane are considered. According to GEMIS 2013, the CO2 equivalent
factor is 7-10% higher than the CO2 factor for CO2 emissions only. The primary energy factor shows
how much energy is needed for extraction, processing, storage, transport, conversion, transmission,
and distribution to provide end energy. The primary energy factor can be split in the renewable
primary energy factor and the non-renewable factor. Here the total primary energy factor is used.
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CO2 emissions and primary energy consumption for electricity mainly depend on the energy carriers
used for electricity generation. In Table 1, the CO2 factors and in Table 2 the primary energy factors
are compiled that are used for this calculation. They differ in their regional scope and reference year.
If the reference year was not indicated in the publication, the publication year was given and marked
with “p”. The CO2 factor for natural gas is in the range of 236 to 290 g/kWh, values calculated for
Austria are slightly lower than those for EU. The CO2 factor for electricity in Austria is 248 –
300 g/kWh. Austrian electricity production is mainly based on hydropower (60% in 2017), wind and
photovoltaics amount to about 10%. Therefore the CO2 emissions are lower than those for electricity
generation in the EU. The primary energy factors show similar dependencies. Fritsche and Greß
(2015) assessed that the EU-28 electricity primary energy factor was rather stable in the years 20102013 and was dominated by the non-renewable primary energy use. Recently the European
Parliament amended the primary energy factor to be used for the calculation of the energy efficiency
targets to 2.1 kWh/kWh for electricity (European Parliament, 2018c).
Table 1. CO2 emission factors for natural gas and electricity

CO2 emissions
data set
g/kWh
Austria 2011 CO2eq
Austria 2015 CO2
Austria 2018 CO2eq
EU 2014
EU 2018

CO2
CO2eq

Natural gas
factor source
249
GEMIS 2013
236
OIB 2015
271
Umweltbundesamt 2018
277
EN15603
290
EN ISO 52000

year
2011
2015 p
2018
2008 p
2018 p

Electricity
factor source
300
GEMIS 2013
276
OIB 2015
248
Umweltbundesamt 2018
363
EControl 2014
420
ENISO 52000

year
2011
2015 p
2018
2014 p
2018 p

Table 2. Primary energy factors for natural gas and electricity

Primary energy
data set
Austria 2011 kWh/kWh
Austria 2015 kWh/kWh
EU 2013
kWh/kWh

Electricity
factor source
year
1.79
GEMIS 2013
2011
1.91
OIB 2015
2015 p
2.46
Fritsche
and 2013
Greß 2015
EU 2018
kWh/kWh
2018 p 2.1
European
2018 p
Parliament 2018c
Relative savings ∆𝑥 in CO2 emissions and primary energy are calculated according equation 1 using
the respective factors for natural gas (g) and electricity (el). 𝜂𝑟𝑒𝑓 is the efficiency of the fossil energy
supply system used for the calculation (Agrana = 0.93, Wienerberger 0.9), the COP is the coefficient
of performance of the heat pump (ratio of supplied heat and electricity).
x 

ref
fg

Natural gas
factor source
1.18
GEMIS 2013
1.17
OIB 2015
1.36
Fritsche and
Greß 2015
1.1
EN ISO 52000

year
2011
2015 p
2010

 fg
f 

 el 
 ref COP 

Eq. (1)

4. RESULTS
4.1.

Reductions on Prototype level

Figure 4 show the results on prototype level. Heat pump assisted drying allows for substantial CO 2
emission and primary energy reductions for all kinds of factors that were discussed in chapter 3. In
the brick drying process, the reductions are higher, because the temperature of the heat source is
90°C compared to 70°C for starch drying. All reductions are strongly dependant on the heat supply
temperature that was varied between 110 and 160°C because the prototypes will be operated in a
broad range of operation conditions. For the highest heat supply temperatures the most electricity is
required resulting in lower reductions. The results are calculated with the isentropic efficiency curves
that are expected for the prototypes. The maximum isentropic efficiency for the Bitzer compressor is
reached at the pressure ratio of 3 corresponding to a heat supply temperature of 110°C. The
maximum for the Viking compressors is reached at a heat supply temperature of 140°C (pressure
ratio of 6). In other operation conditions the efficiency is lower. For high temperature heat pumps
that should be operated in a specific operation point e.g. a heat supply temperature of 160°C, both
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types of compressors can be adjusted to have the highest efficiency at the required pressure ratio
of the application (screw compressor: geometry and location of the discharge port, piston
compressor: valves and dead volume adjustment). Therefore it can be assumed that even higher
emission reductions can be achieved.
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Figure 4: CO2 and primary energy reduction on prototype level

4.2.

Reductions on EU level

In the following, the savings of the prototypes are extrapolated to their potential contribution to the
EU climate goals, if heat pumps for drying are wide spread in industry. As mentioned before, drying
accounts for 10-25% of the total industrial energy use in most developed countries (Mujumdar
(2006), Kemp (2012), Minea (2011)). In 2015, 12630 TWh/a of final energy were consumed in EU28
(Eurostat 2018a). The share of industry amounts to 25% or 3211 TWh in 2015. If drying consumes
10% of the total industrial energy use, it results in 321 TWh. If the share is 25%, drying consumes
803 TWh in the EU28. 10% and 25% are used to describe the range of potential.
It is assumed that 50% of all drying processes can be equipped with a heat pump similar to the heat
pump prototypes developed in DryFiciency. The heat pumps for this consideration provide process
heat and have an average COP of 3. This is the calculated value for the Agrana demonstrator at a
heat source temperature of 70°C and a heat supply temperature of 140°C. This heat pump can be
used for all kinds of applications requiring a similar lift, the heat supply temperature itself can be
higher or lower resulting in the same COP. The heat pump replaces natural gas burners with an
assumed efficiency of 95% and provide 161-401 TWh of process heat. Thus, heat pump assisted
drying processes would consume 54-134 TWh of electricity, converting 107-268 TWh of waste heat
into usable process heat.
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Energy efficiency: The aim to increase energy efficiency is measured by the final energy and primary
energy consumption in 2030, which should be as low as 956 Mtoe of final energy and 1273 Mtoe
primary energy (European Parliament 2018b). Based on the final energy consumption 2015, 130
Mtoe (1512 TWh) of final energy have to be reduced by 2030 (Eurostat 2018a). The heat pump
assisted drying processes allow for 107-268 TWh of energy consumption reduction, which
corresponds to a contribution of 7-18% to the climate target. For the calculation the EU2018 dataset
in Table 2 was used. In 2015, 17933 TWh primary energy were consumed, resulting in 269 Mtoe
(3128 TWh) of primary energy reduction until 2030 (Eurostat 2018b). The heat pump assisted drying
processes would reduce the primary energy consumption by 74-184 TWh, which is a contribution of
2-6% to this target.
CO2 emissions: The EU target aims to reduce the CO2eq emissions to 40% below the level of
emissions in 1990 (European Parliament 2018a). In 2030, 3444 million t CO2eq can be emitted. In
2015, 4461 million t CO2eq were emitted resulting in 1017 million t CO2eq that have to be reduced to
reach the climate target. The manufacturing sector (NACE C) including manufacturing of food and
other products where drying is a common process, emitted 843 million t CO2eq in 2015, which is 19%
of all CO2 emissions (Eurostat 2018c). It is assumed the share of emissions among the sectors
remains constant until 2030, therefore 19% of the emission reduction has to be contributed by the
manufacturing sector, which are 192 million t CO2eq. For the calculation the EU2018 dataset in Table
1 was used. With 50% of heat pump assisted dryers, the emissions would be reduced by 2766 million t CO2eq/a. The heat pump assisted drying processes contribute 14-35% to this target for
the manufacturing sector or 3-7% of the total emission reduction that has to be achieved until 2030.
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Figure 5: Contribution to EU climate targets

5. CONCLUSION
Heat pumps improve the energy efficiency of industrial processes significantly. At the two demosites of the DryFiciency project, CO2 emission reductions up to 40-90% and primary energy reduction
from 20-80% are expected for the drying processes compared to natural gas. If the heat pump
technology is spread out to 50% of all drying processes in the EU, they would contribute 3-7% of the
CO2 emission reduction necessary to achieve the EU climate targets. The demonstrators are an
important step in the development of viable industrial solutions. The heat pumps will be installed in
drying processes for starch and bricks in two Austrian companies in spring 2019 and will be
monitored and optimized for about one year. The high temperature heat pump solution can be
multiplied not only for drying processes, but for all kinds of applications requiring hot media up to
160°C, such as the food industry (brewing, dairy, sugar, etc.), pulp and paper and the chemical
industry (boiling processes, distillation, etc.).
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ABSTRACT
This paper discusses the suitability of R1224yd(Z) as R245fa alternative for high temperature heat
pump. A drop-in test was performed when R245fa was replaced with R1224yd(Z) in a
commercialized high temperature heat pump for industrial use. The test was performed by just
replacing the refrigerant without changing any other components. In addition, the compatibility data
with refrigeration oil, O-ring and motor insulation were obtained. The drop-in test result indicates
better performance than the predicted thermodynamic simulation. As for the compatibility with
refrigeration oil, O-ring and motor insulation, there were no significant differences between
R1224yd(Z) and R245fa. Overall, R1224yd(Z) can be used as R245fa alternative for high
temperature heat pump because of its good thermodynamic and environmental properties.
Keywords: Drop-in, HFO, High Temperature, Industrial Application, Performance.

1. INTRODUCTION
Heat pumps are among the key technologies for primary energy saving and greenhouse gas
reduction. They are presently used mainly on air-conditioning and hot water heater in residential and
commercial sectors, and then are expected to spread to industrial heating processes. For expanding
the heat pump application range, some high temperature heat pumps with supply temperatures more
than 100°C have been commercialized and are expected to become increasingly developed in the
coming years.
Many of the commercialized high temperature heat pumps are used R245fa as the refrigerant
(Arpagaus et al., 2018). However, R245fa has a high Global Warming Potential (GWP) of 858 and
will be phased down in the foreseeable future. As the alternative refrigerant with lower GWP,
R1224yd(Z) have been developed (Fukushima, 2015).
This paper discusses the suitability of R1224yd(Z) as R245fa alternative for high temperature heat
pump. A drop-in test was performed when R245fa was replaced with R1224yd(Z) in a
commercialized high temperature heat pump for industrial use. In addition, the compatibility data
with refrigeration oil, O-ring and motor insulation were obtained.

2. CHARACTERISTICS OF R1224YD(Z)
2.1.

Physical Properties

The physical properties of R1224yd(Z) is shown in Table 1 compared to R245fa. The normal boiling
point and critical temperature of R1224yd(Z) are very close to the R245fa values, which implies that
the thermodynamic performances would be similar. R1224yd(Z) is classified as A1 in ASHRAE
Standard 34 safety group classification, which indicates low-toxicity and non-flammability. Ozone
Depletion Potential (ODP) is 0.00023 and Global Warming Potential (GWP) is only 0.88 (Tokuhashi
et al., 2018), which indicates that R1224yd(Z) is environmental-friendly refrigerant.
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Table 1: Physical properties of R1224yd(Z) and R245fa

Molecular Formula
Molar mass [g/mol]
Normal Boiling Point [°C]
Critical Temperature [°C]
Critical Pressure [MPa]
OEL [ppm]
Flammability Range [%]
ASHRAE Safety Classification
ODP
GWP (AR5)

R1224yd(Z)

R245fa

CF3CF=CHCl
148.49
14.62
155.54
3.34
1,000
None
A1
0.00023
0.88

CHF2CH2CF3
134.05
15.05
153.86
3.65
300
None
B1
0
858

Figure 1 (a) compares the saturated vapor pressure of R1224yd(Z) to R245fa. The saturated vapor
pressure of R1224yd(Z) is very close to the R245fa value at low temperature region but becomes
somewhat lower at higher temperature. This implies that the use of R1224yd(Z) in high temperature
heat pump at a given operating temperatures would enable lower pressure ratio operation.
Figure 1 (b) and (c) show the comparisons of pressure-enthalpy diagram and temperature-entropy
diagram, respectively. R1224yd(Z) latent heat are smaller than the R245fa value. Similarly to R245fa,
R1224yd(Z) shows a saturated vapor line with a positive slope (dT/ds >0, except near the critical
point). In the case of ideal compression, namely isentropic process, discharge superheat would be
smaller than suction superheat. As a result, for preventing wet fluid compression and compressor
damage, high temperature heat pump cycle with R1224yd(Z) would require sufficient superheat at
the compressor inlet to ensure dry compression.
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Figure 1: Comparison of (a) P-T, (b) P-h, (c) T-s diagrams

2.2.

Predicted Thermodynamic Performance

The theoretical refrigerant cycle of R1224yd(Z) was calculated compared to R245fa refer to
REFPROP program (Lemmon et al., 2018). The prediction was performed for simple heat pump
cycle under the following conditions; condenser saturation temperature Tcnd = 120°C, evaporator
saturation temperature Tevp = 60°C, discharge superheat Tsh,d = 15 K, subcooling Tsc = 10 K,
compressor adiabatic efficiency ad = 0.8. This indicates that it is assumed that compressor,
condenser and evaporator have the same performance between R1224yd(Z) and R245fa.
Table 2 and Figure 2 show the results. The coefficient of performance for heating, COP, with
R1224yd(Z) would be similar to with R245fa. However, the volumetric heating capacity, VHC, with
R1224yd(Z) would be 8% lower than with R245fa.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4536

Table 2: Predicted thermodynamic performance of theoretical heat pump cycle
(Tcnd = 120°C, Tevp = 60°C, Tsh,d = 15 K, Tsc = 10 K, ad = 0.8)

R1224yd(Z)

R245fa

0.44
1.75
3.97
4.38
3.21

0.46
1.93
4.17
4.36
3.49

Suction Pressure Ps [MPa]
Discharge Pressure Pd [MPa]
Pressure Ratio Pd/Ps[-]
Coefficient of Performance for Heating COP [-]
Volmetric Heating Capacity VHC [MJ/m3]
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Figure 2: Comparison of (a) P-h, (b) T-s diagrams in predicted thermodynamic performance

3. PERFORMANCE EVALUATION
For surveying the actual performance including compressor, condenser and evaporator
performances, a drop-in test was performed when R245fa was replaced with R1224yd(Z) in a
commercialized high temperature heat pump for industrial use.
3.1.

Test Method

A commercialized high temperature heat pump, HEM-HR115, which is the heat pump unit of
SGH165, was used for the drop-in test. Originally, a mixture of R245fa and R134a was used as the
refrigerant for HEM-HR115 (Iizuka and Maeda, 2011). In order to simply compare R1224yd(Z) to
R245fa, the experimental tests were performed with pure R245fa and pure R1224yd(Z).
The test was performed with the HEM-HR115 installed at the large capacity heat pump evaluating
apparatus in Central Research Institute of Electric Power Industry (Kaida et al., 2015). The apparatus
can control the heat source water temperature from 10 to 90°C, simulating warm water effluents over
a wide temperature range. The apparatus also can control the heat sink water or steam temperature
up to 200°C.
Figure 3 shows the schematic cycle diagram of the test equipment, which is composed of a singlestage twin-screw compressor, a condenser, an evaporator, an internal heat exchanger, an
economizer, a main expansion valve and an economizer expansion valve. All heat exchangers are
plate type and two expansion valves are electronic automatic type. The same refrigerant weight of
140 kg was charged. Each of the inlet-outlet water temperatures, Tc1, Tc2, Th1, Th2, each of the water
flow rates, Vc, Vh, and the power consumption, W were measured for evaluating the heating capacity,
Qh, and coefficient of performance, COPh. The refrigerant pressures, Ps, Pd, Peco, and the refrigerant
temperatures, Tr1-Tr9, were also measured for reference.
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Figure 3: Schematic diagram of test equipment

Table 3 shows the test conditions. The test was performed in the compressor rotational speed fixed
state to 100% with a difference of 5 K between outlet water temperature and inlet water temperature.
The performances are evaluated under the same discharge superheat by controlling the main
expansion valve. The economizer expansion valve was open and controlled at the economizer outlet
superheat of about 20 K in Case 1, whereas was closed in Case 2 and Case 3.
Table 3: Test conditions
(Tc = Tc1 – Tc2 = 5 K, Tc = Tc1 – Tc2 = 5 K, Compressor rotational speed = 100%)

Case 1
Case 2
Case 3
3.2.

Tc1 [°C]

Th2 [°C]

Tsh,d [K]

Economizer

70
70
50

115
95
95

15
25
27

Open
Closed
Closed

Test Results

Figure 4 shows the test results as the relative value of R1224yd(Z) to R245fa. The COPh of
R1224yd(Z) was nearly equal to or higher than the R245fa value. The Qh of R1224yd(Z) was nearly
equal to or smaller than the R245fa value. These indicate better performances than predicted. Figure
5-7 show the comparisons of cycle diagrams. In all the case, the temperature lift, Tcnd – Tevp, with
R1224yd(Z) was decreased by 3-5%. This would be one reason for the higher COPh.
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Figure 4: Actual performance of R1224yd(Z) relative to R245fa
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Figure 5: Comparison of (a) P-h, (b) T-s diagrams in actual performance (Tc1/Th2 = 70/115°C)
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Figure 6: Comparison of (a) P-h, (b) T-s diagrams in actual performance (Tc1/Th2 = 70/95°C)
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Figure 7: Comparison of (a) P-h, (b) T-s diagrams in actual performance (Tc1/Th2 = 50/95°C)
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3.3.

Discussion

It cannot be explained only decreasing the temperature lift about the reason for the higher COPh.
Other reason for the higher COPh is discussed. The compressor adiabatic efficiency has the
maximum value at the pressure ratio of around 3 (Iizuka, 2014). In all the cases, by decreasing the
pressure ratio, the compressor adiabatic efficiency of R1224yd(Z) would be larger than the R245fa
value. This also results in the higher COPh.
Next, the reason for the more Qh than predicted is discussed. Although the heating effect of
R1224yd(Z) was smaller than the R245fa value due to the smaller latent heat by 13-16%, the
refrigerant flow rate of R1224yd(Z) was larger than the R245fa value by 6-23%. It is considered that
the increase of refrigerant flow rate would moderate the decrease of heating capacity. Moreover,
when the effect of increasing refrigerant flow rate was greater, the Qh of R1224yd(Z) could be larger
than the R245fa value.
The increase of refrigerant flow rate also leads to the enhancement of condensation and evaporation
heat transfer coefficient. This would one reason for decreasing the temperature lift. Regarding
transport properties, both liquid thermal conductivity and liquid viscosity of R1224yd(Z) is smaller
than the R245fa value. The decrease degree is more of liquid viscosity. As a result, the heat transfer
might be also enhanced from the viewpoint of transport properties.

4. CHEMICAL STABILITY AND COMPATIBILITY
The chemical stability of R1224yd(Z) with refrigerant oils, naphtene, alkylbenzene (AB) and
polyolester (POE), had been evaluated (Fukushima, 2015, Soga et al., 2017). In this study, the
chemical stability of R1224yd(Z) with the polyalkylene glycol (PAG) used in HEM-HR115 was tested.
The compatibility of R1224yd(Z) with O-ring and motor insulation material was also tested.
4.1.

Chemical Stability with Refrigerant Oil

The chemical stability of R1224yd(Z) with a PAG oil in the presence of metals was tested by sealed
tube testing compared to R245fa. Each tube was prepared at 60 g refrigerant and 60 g oil, and
included the three metal catalysts representing the system materials of construction; steel (SS),
copper (Cu) and aluminium (Al). Each tube was aged in a heated oven at 150°C for 14 days.
The refrigerant purity was measured by gas chromatography analysis. The acidity of refrigerant was
measured by alkalimetric determination (minimum limit of detection: 0.2 ppm). The concentration of
fluoride ion (F) and chloride ion (Cl) was measured by ion chromatography (minimum limit of
detection: 0.2 ppm). These can be interpreted as indicators of the degree of degradation. Moreover,
the acid number of oil was measured by titration (minimum limit of detection: 0.01 mgKOH/g). The
color of oil was also measured. These can be interpreted as indicators of the degree of reactivity.
Furthermore, the weight change of each metal was measured.
Table 4: Chemical stability of R1224yd(Z) and R245fa with PAG oil in the presence of metals
(Temperature: 150°C, Duration: 14days)

Refrigerant

Oil
Metal

Purity change [%]
Acidity [ppm]
F [ppm]
Cl [ppm]
Acid number [mgKOH/g]
Color of oil (ASTM)
SS weight change [mg]
Cu weight change [mg]
Al weight change [mg]

R1224yd(Z)

R245fa

99.8 → 99.5
< 0.2
< 0.2
< 0.2
0.05
L0.5
< 0.01
< 0.01
< 0.01

99.9 → 99.9
< 0.2
< 0.2
< 0.2
0.03
L0.5
< 0.01
< 0.01
< 0.01
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Table 4 shows the results. Although the acid number and the color of the PAG oil with R1224yd(Z)
was slightly larger than the R245fa value, there were no significant differences between R1224yd(Z)
and R245fa.
4.2.

Compatibility with O-ring and motor insulation material

The compatibility of R1224yd(Z) with two types of O-rings, hydrogenated-nitrile-butadiene rubber
(HNBR) and ethylene-propylene-diene rubber (EPDM), and motor insulation material was tested by
sealed tube testing compared to R245fa. Each tube was prepared at 80 g refrigerant and included
each material. Each tube was aged in a heated oven at 150°C for 7 days. The refrigerant purity, the
acidity of refrigerant, and the concentration of fluoride ion and chloride ion were measured. In
addition, the weight change of each material was measured. Regarding O-rings, the wire diameter
change and volume change were also measured.
Table 5 and Table 6 show the results. As shown in Table 5, both R1224yd(Z) and R245fa made Orings expand slightly. The degrees of expansion were the same level. The expansion change rate of
HNBR was larger than the EPDM value regardless of refrigerants. As shown in Table 6, both
R1224yd(Z) and R245fa made motor insulation material heavy slightly. The degrees of weight
change were the same level. As a result, there were no significant differences between R1224yd(Z)
and R245fa.
Table 5: Compatibility of R1224yd(Z) and R245fa with O-ring
(Temperature: 150°C, Duration: 7days)

R1224yd(Z)
Refrigerant

O-ring

Purity change [%]
Acidity [ppm]
F [ppm]
Cl [ppm]
Type
Wire diameter change [%]
Volume change [%]
Weight change [%]

99.8→99.5
< 0.2
0.2
< 0.2
HNBR
3.3
9.6
13.7

99.8→99.5
< 0.2
< 0.2
< 0.2
EPDM
1.3
3.6
7.2

R245fa
99.9→99.9
< 0.2
< 0.2
< 0.2
HNBR
4.3
14.4
16.9

99.9→99.9
< 0.2
< 0.2
< 0.2
EPDM
0.7
2.5
2.8

Table 6: Compatibility of R1224yd(Z) and R245fa with motor insulation material
(Temperature: 150°C, Duration: 7days)

Refrigerant

Motor insulation material

Purity change [%]
Acidity [ppm]
F [ppm]
Cl [ppm]
Weight change [%]

R1224yd(Z)

R245fa

99.8 → 99.7
< 0.2
< 0.2
< 0.2
0.54

99.9 → 99.9
< 0.2
< 0.2
< 0.2
0.63

5. CONCLUSIONS
In order to evaluate the suitability of R1224yd(Z) as R245fa alternative for high temperature heat
pump, a drop-in test with a commercialized industrial heat pump was performed. The test result
indicates better performance than the predicted thermodynamic simulation. As this reason, (1) the
enhancement of compressor adiabatic efficiency by decreasing pressure ratio, (2) the increase of
heating capacity by increasing refrigerant mass flow rate, (3) the decrease of temperature lift by the
enhancement of condensation and evaporation heat transfer coefficient due to increasing refrigerant
mass flow rate and decreasing liquid viscosity, are considered. The heat transfer characteristics of
R1224yd(Z) compared to R245fa needs to be examined further.
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In addition, the chemical stability of R1224d(Z) with PAG oil in the presence of metals and the
compatibility of R1224yd(Z) with O-ring and motor insulation were tested compared to R245fa. There
were no significant differences between R1224yd(Z) and R245fa.
Overall, R1224yd(Z) can be used as R245fa alternative for high temperature heat pump because of
its good thermodynamic and environmental properties.

NOMENCLATURE
AB
c
COP
d
EPDM
h
h
ODP
PAG
Q
s
sc
T
W

alkylbenzene
cooling, heat source water
coefficient of performance [-]
discharge
ethylene-propylene-diene rubber
heating, hot water
specific enthalpy [kJ/kg]
ozone depletion potential
polyalkylene glycol
capacity [kW]
suction
subcooling [K]
temperature [°C]
electric power consumption [kW]

ad
cnd
VHC
eco
evp
GWP
HNBR
P
POE
r
s
sh
V



adiabatic
condenser
volumetric heating capacity [MJ/m3]
evaporator
evaporator
global warming potential
hydrogenated-nitrile-butadiene rubber
pressure [MPa]
polyoester
refrigerant
specific entropy [kJ/(kg·K)]
superheat [K]
flow rate [m3/s]
efficiency [-]
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ABSTRACT
Now-a-days, ground source heat pump (GSHP) are attracting attention as an energy saving
technology in cooling and heating systems. The objective of this study is to evaluate the performance
of a GSHP that uses the direct expansion method, in cooling and heating air conditioning applications.
This pump utilizes the steel pipe foundation pile of the house to accommodate its heat exchanger.
To achieve the same, 12 underground heat exchangers were inserted into the foundation piles.
Experiments were conducted to study its performance in both cooling and heating operations, and
the coefficient of performance (COP) was obtained by measuring the amount of heat transferred and
the electricity consumption for running the GSHP. From the experimental result obtained, the COP
was approximately 4.0 in the cooling operation and approximately 4.8 in the heating operation.
Additionally, no performance deterioration was observed in the intermittent cooling or heating
operation for 5 days.
Keywords: COP, Direct Expansion, Energy Consumption, Ground-Source System, Heat Exchanger.

1. INTRODUCTION
In recent years, the ground source heat pump (GSHP) that utilizes the ground source heat energy is
attracting significant attention as an energy saving technology in heating and cooling systems.
Ground source heat energy is low temperature thermal energy existing below the ground up to a
depth of about 100 m, where the temperature is almost constant throughout the year. Hence, when
compared to the outside ambient temperature, the ground source heat temperature is lower in
summer and higher in winter. In addition, the ground source heat energy can be used across a wide
area. A GSHP using the ground source heat energy as a heat source has superior efficiency and
energy saving performance in air conditioning and hot water supply systems to a conventional air
source heat pump.
Generally, a GSHP can operate on either an indirect or a direct expansion method. In the indirect
expansion method, a heat exchanger is installed between the heat pump and the underground heat
exchanger, and the heat of the refrigerant in the heat pump indirectly exchanges heat with the ground
via water or an antifreeze. On the other hand, in the direct expansion method, the heat of the
refrigerant in the heat pump directly exchanges heat with the underground. This is accomplished by
introducing the refrigerant pipe of the heat pump directly into the ground. Therefore, the direct
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expansion method can, more efficiently, utilize the ground source heat energy than the indirect
method and offer better heat exchanger performance.
Takeda (2014, 2018) and Ishiguro (2018) have reported on the performance of a GSHP using the
direct expansion method in air conditioning and hot water supply systems. While constructing a
house or a building in areas where the ground is weak due to the nature of the soil, it is necessary
to lay a foundation pile to support the construction. In this case, if an underground heat exchanger
of a GSHP is inserted into the foundation pile, heat from the underground can be released and
extracted through the foundation pile easily. Finally, the initial cost of digging the borehole can be
reduced in comparison with the conventional type. The purpose of this study is to evaluate the
performance of a cooling and heating air conditioning system with a GSHP employing the direct
expansion method and utilizing the foundation steel pipe piles meant for a house.

2. EXPERIMENTAL SETUP AND EVALUATION METHOD
2.1. Experimental Setup
Fig. 1 shows the schematic view of the experimental setup. In this study, the GSHP uses a vertically
buried steel pipe pile. We have used 12 steel pipe piles of 10 m depth as the underground heat
exchanger. Each steel pipe pile was filled with water and a heat collection pipe was inserted into the
same. Fig. 2 shows the underground heat exchanger. The heat collection pipe is U-shaped with one
copper pipe and two copper pipes connected at the bottom as shown in the Fig. There are a total of
12 heat collection pipes and 3 header lines. The heat collection pipes are connected in groups of
four to the headers lines.
The output of this system has a cooling capacity of 4.0 kW and a heating capacity of 4.5 kW.
Furthermore, this system uses 1.8 kg of refrigerant R32 and is connected to one indoor unit. The air
conditioning area is 15.3 m2. We conducted the experiment with the unit temperature set at 27 ºC
for cooling operation and at 20 ºC for the heating operation.

Figure 1: Schematic of the direct expansion method GSHP
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Figure 2: Schematic of the underground heat exchanger

2.2. Evaluation Method
Generally, Coefficient of Performance (COP) is used for the performance evaluation of a heat pump.
COP is a numerical value of the cooling or heating capability obtained per kW of power consumption.
Larger the value of COP, more efficient is the production of cooling or heating. In this study as well,
COP of the direct expansion method GSHP was evaluated. In the direct expansion method heat
pump, the underground heat exchanger is a condenser / evaporator. For this reason, the refrigerant
becomes a two-phase flow with a phase change, and it is not easy to accurately measure the flow
rate of the refrigerant on the underground heat exchanger side. Therefore, the amount of heat
transferred is obtained at the suction and discharge ports on the indoor unit side. Equation (1) shows
the formula for the calculation of COP.
𝐶𝑂𝑃 =

𝑃 ∆ℎ × 𝜌 × 𝐴 × 𝑣
=
𝑊
𝑊

Eq. (1)

Where P is the amount of heat transferred in kW; ∆h is the specific enthalpy difference of air flow in
kJ.kg-1; ρ is the density of air in kg.m-3; A is the area of the duct outlet in m2; v is the air speed in m.s1
; and W is the power consumption in kW.
Fig. 3 shows the measurement system installed in the indoor unit. The enthalpy difference ∆h was
obtained by measuring the temperature and humidity at the suction and discharge ports of the indoor
unit and referring to a psychrometric chart. In this experimental study, a simple duct was installed at
the discharge port of the indoor unit, and four hot wire anemometers were installed at a spacing of
124 mm to measure the air speed. The air speed was calculated from the average of the four hot
wire anemometer readings.

Figure 3: Measurement system in an indoor unit
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3. EXPERIMENTAL RESULT
3.1. Cooling Operation
The first of the test cases involved a cooling operation for 8 h per day for 5 days from July 16 to July
20, 2018. Fig. 4 shows the variation of COP, amount of heat transferred, and power consumption
from 8:40 to 16:30 h. on the first day of the operation, i.e., July 16, 2018. The operation was observed
to be unstable for 1 h from the start of cooling operation after which it stabilized. From 9:40 to 10:30
h., an average COP of approximately 4.0, an average amount of heat transfer of approximately 2.46
kW, and an average power consumption of approximately 0.62 kW were observed. Towards the end
of the cooling operation, from 15:40 to 16:30 h., the average COP was approximately 3.9; the
average amount of heat transferred was approximately 2.56 kW; and the average power
consumption was approximately 0.66 kW. During the operation period, it was found that the amount
of heat transferred was steady at approximately 2.4 to 2.6 kW. In addition, the power consumption
was approximately 0.6 kW, and did not increase significantly during the operation period.
Fig. 5 shows the variation of the same parameters for 8 h of intermittent cooling operation each day
over the 5 days mentioned above. Table 1 shows averaged values of COP, heat transferred and
power consumption for this case in numerical format. These values were averaged over each day of
the operational period after the initial stabilization period. It may be inferred from the experimental
results that the possibility of performance degradation is small even if the cooling operation is
performed every day.

Figure 4: COP, amount of heat transferred, and power consumption in cooling mode
(July 16, 2018)
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Figure 5: COP, amount of heat transferred, and power consumption in cooling mode
(July 16 to July 20, 2018)
Table 1. Average COP, average amount of heat transferred, and average power consumption
(July 16 to July 20, 2018)

July 16,
2018
July 17,
2018
July 18,
2018
July 19,
2018
July 20,
2018

Average COP
(No unit)

Average amount of
transferred heat (kW)

Average power
consumption (kW)

3.9

2.50

0.64

3.8

2.46

0.65

3.8

2.47

0.66

3.8

2.46

0.65

3.8

2.52

0.66

3.2. Heating Operation
The second test case involved heating operation for 7 h per day over 5 days from December 10 to
December 14, 2018. Fig. 6, similar to Fig. 4, shows the time change in COP, amount of heat
transferred, and power consumption from 8:40 to 15:30 hrs. on the first day of operation. Shortly
after the start of the operation, from 8:50 hrs. to 9:40 hrs., the average COP was approximately 4.8;
the average amount of heat transferred was approximately 3.59 kW; and the average power
consumption was approximately 0.74 kW. Towards the end of the operation, from 14:40 hrs. to 15:30
hrs., these parameters were calculated to be 4.7, 3.45 kW, and 0.74 kW respectively.
Fig. 7 shows the variation of the same three parameters for 7 h of intermittent heating operation
every day over all the 5 days mentioned above. Table 2 shows averaged values of these parameters
for each of these five days. It should be mentioned that on each day, the first 10 minutes of operation
was excluded from the calculations. As in the earlier test case, here too, it may be inferred from the
experimental results that the possibility of performance deterioration is small even if the heating
operation is performed every day.
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Figure 6: COP, amount of heat transferred, and power consumption in heating mode
(December 10, 2018)

Figure 7: COP, amount of heat transferred, and power consumption in heating mode
(December 10 to December 14, 2018)
Table 2. Average COP, average amount of heat transferred, and average power consumption
(December 10 to December 14, 2018)

December 10,
2018
December 11,
2018
December 12,
2018
December 13,
2018
December 14,
2018

Average COP Average amount of transferred
(No unit)
heat (kW)

Average power
consumption (kW)

4.7

3.51

0.74

4.9

3.49

0.71

4.7

3.43

0.73

4.7

3.46

0.73

4.8

3.46

0.71
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4. CONCLUSIONS
In this study, we have evaluated the performance of a GSHP employing the direct expansion method,
and using 12 underground heat exchangers inserted in steel pipe foundation piles of the house.
From the experiment, the following results were obtained.
1) In the cooling operation, the amount of heat transferred was stable, the power consumption hardly
varied, and the COP was approximately 4.0.
2) In the heating operation, the amount of heat transferred was stable, the power consumption hardly
varied, and the COP was approximately 4.8.
3) Performance did not decrease in intermittent cooling or heating operation over a 5-day period.
Therefore, we infer that the possibility of performance deterioration would be small even if we
performed cooling or heating operation every day.

NOMENCLATURE
P
∆h
A

amount of transferred heat (kW)
specific enthalpy difference of air flow (kJ×kg-1)
area of the duct outlet (m2)

W
ρ
v

power consumption (kW)
density of air (kg×m-3)
wind speed (m×s-1)

REFERENCES
Ishiguro, S., et al, 2018. Study on Ground Source Heat Pump That Use Direct Expansion Method
Using Foundation Pile, Proceedings of the 9th Asian Conference on Refrigeration and Airconditioning, ACRA2018, Sapporo, Japan, ACRA2018-D114.
Ishiguro, S., Takeda, T., 2018. STUDY ON UNDERGROUND HEAT EXCHANGER FOR GROUND
SOURCE HEAT PUMP THAT USE DIRECT EXPANSION METHOD, Proceedings of the 16th
International Heat Transfer Conference, IHTC-16, Beijing, China, IHTC16-23415
Takeda, T., et al, 2014. EXPERIMENTAL STUDY OF GROUND SOURCE HEAT PUMPS THAT USE
THE DIRECT EXPANSION METHOD, Proceedings of the 15th International Heat Transfer
Conference, IHTC-15, Kyoto, Japan, IHTC15-8940
Takeda, T., et al, 2018. THERMAL PERFORMANCE OF GROUND SOURCE HEAT PUMPS THAT
USE DIRECT EXPANSION METHOD USING FOUNDATION PILE, Proceedings of the 16th
International Heat Transfer Conference, IHTC-16, Beijing, China, IHTC16-23590

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4549

Manuscript  ID:  960  
DOI:  10.18462/iir.icr.2019.0960  

Development  of  water-lithium  bromide  absorption  chillers  
based  on  asymmetric  plate  heat  exchangers  
Lutz  RICHTER(a),  Carsten  HEINRICH(a),  Christian  KEMMERZEHL(b),  
Mathias  SAFARIK(a),  Mike  OTTO(b),  Gregor  WEIDNER(b),    
Bodo  BURANDT(a),  Ralf  HERZOG(a)  
(a)  

  
Institute  of  Air  Handling  and  Refrigeration  (ILK  Dresden),  Dresden,  01309,  Germany  
lutz.richter@ilkdresden.de  
  
(b)  
EAW  Energieanlagenbau  Westenfeld  GmbH,  Römhild,  Germany  
ckemmerzehl@wegra-anlagenbau.de  
  

ABSTRACT  
Water/lithium  bromide  (LiBr)  absorptions  chillers  typically  use  horizontally  arranged  tube  bundles  for  
the  heat  exchangers.  The  use  of  plate  heat  exchangers  is  hampered  by  the  low  vapor  density  and  
low  permissible  pressure  losses  in  the  steam  flow.  Objective  of  the  work  was  the  development  of  an  
absorption  chiller  in  which  all  heat  exchangers  are  designed  as  plate  heat  exchangers.  
A  new  asymmetric  plate  heat  exchanger  was  developed  with  a  channel  height  also  appropriate  for  
the  conditions  of  the  absorber  and  evaporator  which  represent  the  low  pressure  side  of  an  absorption  
chiller.  
Applying  this  new  heat  exchanger  a  complete  absorption  chiller  was  designed  and  built.  At  nominal  
conditions  of  heating  water  86/71  °C,  cooling  water  27/32  °C,  chilled  water  15/9  °C  the  chiller  reached  
a  cooling  capacity  of  65  kW  which  is  about  20  %  more  than  expected.  The  volume  of  the  chiller  was  
reduced  by  40  %  compared  to  a  chiller  with  the  same  capacity  using  tube  bundle  heat  exchangers.  
Keywords:  absorber,  heat  exchanger,  lithium-bromide,  R718  

1.   INTRODUCTION  
Higher  costs  and  larger  construction  volumes  of  absorption  refrigeration  systems  complicate  their  
use   compared   to   compression   refrigeration   systems.   However   absorption   chillers   have   high  
potentials  within  polygeneration  systems  -  the  coupled  generation  of  electrical,  heating  and  cooling  
energy  or  the  conversion  of  waste  heat  into  cooling.  In  addition  the  natural  refrigerant  water  is  used  
in  water/LiBr  absorption  refrigeration  systems.  
Steadily  rising  copper  prices  are  hampering  the  use  of  absorption  chillers.  At  present  all  producers  
of   water/LiBr   absorption   chillers   use   straight   or   spiral   copper   or   steel   tube   bundles   as   heat  
exchangers  except  for  the  solution  heat  exchanger.  Plate  heat  exchangers  are  more  compact  than  
shell  and  tube  heat  exchangers  and  can  be  significantly  cheaper.    
Water/LiBr  absorption  chillers  operate  in  a  rough  vacuum  (10...100  mbar_a).  Therefore  the  pressure  
losses  of  the  refrigerant  vapor  need  to  be  low  because  absolute  pressure  differences  in  the  cycle  
are   very   small.   Due   to   the   high   specific   volume   of   water   vapor   large   flow   cross   sections   are  
necessary  which  preclude  a  compact  system  design.  Depending  on  the  saturation  temperature  the  
specific  volume  of  water  vapor  is  1,000  to  2,500  times  greater  than  R134a  vapor.  On  the  other  hand  
small  flow  dimensions  are  required  for  the  external  fluid  (heating,  cooling  and  chilled  water)  in  water  
cooled  and  hot  water  driven  absorption  chillers  for  a  good  heat  transfer.  
Conventional   plate   heat   exchangers   which   have   the   same   channel   heights   on   both   sides   are  
therefore   not   usable   in   water/LiBr   absorption   chillers.   Different   channel   heights   are   required.   But  
asymmetric   plate   heat   exchangers   which   meet   the   special   requirements   for   use   in   water/LiBr  
absorption  chillers  did  not  exist  so  far.  
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Inside  absorption  chillers  (symmetric)  plate  heat  exchangers  have  been  used  so  far  as  solution  heat  
exchanger  (Safarik  et  al.  2004)  and  high  temperature  generator  in  double  effect  chillers  (Marcos  et  
al.  2009,  Safarik  et  al.  2013).  Within  an  R&D-project  asymmetric  plate  heat  exchangers  designed  for  
air  to  water  heat  transfer  have  been  used  as  generator  and  condenser  in  a  single-effect  absorption  
chiller  (Kemmerzehl  et  al.  2017).  

2.   DEVELOPMENT  TARGETS  
Asymmetric  plate  heat  exchangers  have  different  channel  heights  for  the  two  fluids  -  liquid  on  one  
side  and  vapor  on  the  other.  This  allows  optimum  heat  transfer  conditions  on  both  sides.  
The  objective  was  to  develop  new  asymmetric  plate  heat  exchangers  with  different  optimal  channel  
heights  for  the  two  sides  and  with  a  stamping  pattern  that  improves  the  flow  conditions  and  plate  
wetting.   These   plate   heat   exchangers   are   to   be   used   as   absorber,   generator,   evaporator   and  
condenser   in   the   water/LiBr   absorption   chillers.   Targeted   overall   heat   transfer   coefficients   of   the  
plate  heat  exchangers  at  design  conditions  were  for  evaporation:  1,500  W/(m2K),  for  condensation:  
3,000  W/(m2K),  for  absorption  600  W/(m2K)  and  for  desorption  800  W/(m2K).  

3.   ASYMMETRICAL  PLATE  HEAT  EXCHANGERS  
The  term  asymmetry  in  asymmetric  plate  heat  exchangers  refers  to  the  different  heat  capacity  flows,  
enthalpy  flows  or  volume  flows  on  the  primary  and  secondary  side.  This  means  that  a  mass  flow  
and/  or  the  heat  capacity  of  one  fluid  is  significantly  greater  compared  with  the  other  fluid  as  it  is  the  
case  in  gas-liquid  heat  exchangers.  The  special  requirement  for  asymmetric  plate  heat  exchangers  
is   to   optimize   flow   control   and   pressure   loss   on   each   side.   For   this   purpose   differently   sized   free  
cross-sectional  areas  for  the  flow  are  required  on  the  primary  and  secondary  side.  The  previously  
available  asymmetric  heat  exchangers  have  been  primarily  developed  for  gas-liquid  heat  transfer  in  
the  chemical  process  industry  and  for  the  extraction  of  exhaust  gas  heat.  Another  field  of  application  
is   the   evaporation   and   condensation   of   synthetic   refrigerants.   However   there   are   no   known  
asymmetric  plate  heat  exchangers  that  have  been  designed  both  for  a  two-phase  mixture  and  for  a  
two-component  mixture  as  it  is  the  case  in  the  absorption  and  desorption  in  absorption  chillers.  So  
far  no  asymmetric  plate  heat  exchangers  have  been  available  on  the  market  which  meet  the  special  
requirements  of  absorption  refrigeration  systems  with  the  refrigerant  water.  
With   the   accomplished   development   this   gap   was   closed.   The   developed   asymmetric   plate   heat  
exchanger  is  copper  brazed.  The  external  fluid  flows  through  the  heat  exchanger  in  channels  with  a  
small  channel  height.  The  channel  height  of  the  product  side  (internal  fluid,  falling  film  side)  is  more  
than  twice  as  high  as  that  of  the  external  fluid  side.  Figure  1  shows  a  partial  view  of  a  section  in  the  
asymmetric  plate   heat  exchanger.  The   differently   sized   cross   sections   are   recognizable.   Also   the  
graphical  result  of  a  numerical  flow  simulation  of  the  external  side  is  shown.  
Numerical  flow  simulations  were  used  to  evaluate  a  homogeneous,  well-formed  channel  flow  of  the  
external  fluid  (one  computation  with  pure  water  and  another  one  with  a  mixture  of  65V%  water  and  
35V%  ethylene  glycol,  20  °C).  The  calculations  for  the  test  models  took  into  account  different  barriers  
and  dimple  arrangements  on  the  plate.  A  preferred  variant  was  selected  for  the  construction  of  the  
test   model.   Criteria   of   the   evaluation   were   the   avoidance   of   too   high   local   flow   velocities,   the  
reduction   of   flow   shadows   behind   the   dimples   as   well   as   the   avoidance   of   bypass   flows.   A  
homogeneous  fluid  distribution  was  sought.    
For  producing  the  plates  of  the  asymmetric  plate  heat  exchanger  of  the  test  models  a  cutting  and  
stamping  tool  has  been  developed.  Due  to  the  dimples  a  heat  transfer  area  increase  of  approx.  20  %  
was  achieved.  The  media  connections  and  barriers  in  turn  reduce  the  heat  exchanger  surface  by  
approx.   10%.   The   external   media   sides   were   carried   out   one-pass   and   more-passes.   One-pass  
means  all  channels  are  flowed  through  in  parallel.  In  order  to  improve  the  flow  velocities  more  passes  
are  required  in  particular  in  the  evaporator  and  generator.  The  channels  for  internal  fluid  are  always  
in  one-pass.  
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Figure  1:  Partial  view  of  a  section  in  the  asymmetric  plate  heat  exchanger  and  example  of  
the  flow  simulation  for  the  external  fluid  of  a  variant  for  optimizing  the  plate  design  

4.   MEASUREMENT  OF  ASYMMETRIC  PLATE  HEAT  EXCHANGERS  
The  test  models  were  measured  under  vacuum  conditions  in  the  functions  evaporator,  condenser,  
generator   and   absorber.   For   all   measurements   of   this   article   the   same   test   model   was   used  
(12   plates,   1   pass   on   both   sides).   The   overall   heat   transfer   coefficients   were   calculated   for   all  
apparatus’.  Pressure  losses  on  the  media  side  were  determined  and  the  inert  gas  removal  and  liquid  
distribution  on  the  product  side  were  investigated.  
Figure   2   shows   the   pressure   losses   for   the   external   fluid   (water   20°C)   as   a   function   of   the   flow  
velocity  in  the  channel.  For  a  quick  calculation  of  the  pressure  loss  of  a  plate  heat  exchanger  with  1  
pass  a  pressure  loss  coefficient  of  z  =  100  can  be  used.  As  result  of  the  pressure  loss  measurement  
it  was  concluded  that  evaporator  and  generator  must  be  made  multi-passes  on  the  external  fluid  side  
(z   is   for   a   heat   exchanger   with   2   passes   160   and   for   3   passes   230).   In   general   the   plate   heat  
exchanger   causes   low   external   pressure   losses.   This   is   important   especially   in   the   cooling   water  
circuit  to  ensure  a  high  EERel  value  of  the  refrigeration  system.  The  EERel  of  an  absorption  chiller  is  
the  quotient  of  the  cooling  capacity  to  the  electrical  auxiliary  energy  (electrical  energy  for  solution  
pumps,  external  pumps,  re-cooling  and  so  on).  
In  further  measurements  the  dependencies  of  the  overall  heat  transfer  coefficients  on  the  falling  film  
flow  rate  and  the  flow  velocity  of  the  external  fluid  were  determined.  In  addition  the  inlet  temperatures  
of  the  external  fluid  and  the  solution  and  the  solution  concentrations  were  varied.    
Table   1   contains   the   general   conditions   of   the   measurements.   The   fluid   inlet   temperature   in   the  
evaporator  and  in  the  condenser  has  been  set  in  terms  of  practical  values.  The  results  are  shown  in  
Figure  3  to  Figure  6.  
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Figure  2:  Pressure  losses  for  the  external  fluid  (water,  20°C)  of  the  test  model  as  a  function  
of  the  flow  velocity  in  the  channel  
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Table  1:  General  conditions  of  the  measurements  of  figures  3  to  6  (distribution  version  2)  
Component  
Evaporator  

tex,F,i  
[°C]  
ts,H2O  +  6  K  

Condenser  
Absorber  

ts,H2O  -  4  K  
27,0  

ts,H2O  
[°C]  
in  figure  3:  9,0  
in  figure  4:  14,0  
34,0  
9,0  

Generator  

75,0  

34,0  

ΔtSC,S,i  
[K]  
-  

ΔξS,i  
[kgH2O/kgS]  
-  

vCh,ex  
[m/s]  
0,11  

-  
in  figure  3:  2,0  
in  figure  4:  1,0  
0,5  

-  
0,46  

-  
0,40  

0,48  

0,25  

The  overall  heat  transfer  coefficient  is  determined  with  k  =   /(Aht*Δtm).  Here  is  Δtm  the  logarithmic  
temperature  difference  for  counter  flow,  Δtm  =  (Δtmax  -  Δtmin)  /  LN(Δtmax  /  Δtmin).  
Figure  3  shows  the  overall  heat  transfer  coefficients  of  evaporation,  absorption  and  desorption  and  
the   absorption   efficiency   of   the   absorber   as   a   function   of   falling   film   flow   rate.   The   absorption  
efficiency   is   the   quotient   of   the   real   concentration   accumulation   in   the   solution   to   the   maximum  
possible  at  saturation  state.  
With  increasing  falling  film  flow  rate  the  overall  heat  transfer  coefficient  increases  but  the  absorption  
efficiency  in  the  absorber  decreases  as  more  heat  is  withdrawn  from  a  larger  solution  mass  flow  and  
the  falling  film  surface  on  which  the  refrigerant  vapor  is  absorbed  remains  the  same.  The  overall  heat  
transfer  coefficients  as  a  function  of  the  flow  rate  of  the  external  fluid  in  the  A  channel  for  evaporation,  
condensation,  absorption  and  desorption  are  shown  in  Figure  4.  
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Figure  3:  Heat  transfer  coefficients  of  evaporation,  absorption  and  desorption  and  
absorption  efficiency  as  a  function  of  falling  film  flow  rate  
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Figure  4:  Heat  transfer  coefficient  as  a  function  of  the  flow  velocity  of  the  external  fluid  in  
the  A  channel  for  evaporation,  condensation,  absorption  and  desorption  
The  influence  of  the  subcooling  of  the  entering  solution  in  the  absorber  and  generator  on  the  heat  
transfer   coefficient   can   be   seen   in   Figure   5.   Higher   subcoolings   are   favorable   in   the   absorber,  
disadvantageous   in   the   generator.   Figure   5   confirms   the   need   for   a   sufficiently   dimensioned   and  
well-functioning  solution  heat  exchanger  within  an  absorption  refrigeration  plant.  If  the  solution  heat  
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exchanger  works  poorly,  the  subcooling  of  the  poor  solution  too  small  and  the  subcooling  of  the  rich  
solution  too  large,  the  absorber  and  generator  will  not  work  well  either.  
Three   distribution   versions   for   the   liquids   were   investigated.   All   versions   used   a   pressurized  
distribution  box  with  outlet  holes.  In  version  1  the  liquid  was  distributed  directly  into  the  flow  channels  
(cells  of  internal  channels)  and  in  version  2  on  the  plate  edges  and  in  so-called  distribution  hollows  
formed  by  the  plate  stampings.  In  version  3  the  liquid  was  passed  directly  onto  the  plate  edges  of  
the  heat  exchanger.  
In  the  measurements  for  Figure  3  to  Figure  6  the  distribution  version  2  was  used.  The  distribution  
was  optimized  and  the  liquid  in  distribution  version  3  was  brought  via  a  fine  distribution  directly  to  
the  heat  exchanger  surface.  The  improvements  achieved  can  be  seen  in  Figure  6.  At  the  evaporation  
the  heat  transfer  coefficients  were  increase  by  approx.  30%.  
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Figure  5:  Heat  transfer  coefficient  as  a  function  of  the  subcooling  of  the  entering  solution  
for  absorption  and  desorption  
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Figure  6:  Heat  transfer  coefficients  of  evaporation  as  a  function  of  falling  film  flow  rate  for  2  
different  liquid  distribution  devices  
FF

Figure  7  summarizes  the  results  of  the  measurement  of  the  test  models  of  the  achieved,  average  k-
values  in  comparison  with  the  intended  target  values.  The  results  can  be  summarized  as  follows.  
The   developed   asymmetric   plate   heat   exchangers   work   very   satisfactorily   in   the   functions  
evaporator,  absorber,  condenser  and  generator  as  well  as  in  the  corresponding  functional  units.  At  
the  mean  k-values  of  the  apparatus  the  target  values  were  achieved.  
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Figure  7:  Comparison  of  the  achieved  average  heat  transfer  coefficients  with  the  target  
values  
The  de-aeration  of  the  external  channels  is  ensured  by  the  fluid  flow.  The  removal  of  inert  gas  from  
the   condenser   and   absorber   is   ensured   by   a   vacuum   pump.   This   can   also   be   done   during   the  
operation  of  the  heat  exchangers.  The  pressure  losses  of  the  external  media  are  low.  A  good  liquid  
supply   is   guaranteed   but   some   improvement   potential   remains.   The   falling   film   flow   rate   in   the  
internal  channel  of  the  plate  heat  exchanger  should  be  >  40  g/ms  for  a  good  wetting.  The  flow  velocity  
of   the   external   fluid   in   the   external   channel   should   be   >   0.4   m/s   for   a   good   heat   transfer.   By  
appropriate   inhibition   a   sufficient   protection   against   corrosion   can   be   ensured.   This   is   associated  
with  a  long  service  life  of  the  heat  exchanger.  

5.   APPLICATION  OF  ASYMMETRIC  PLATE  HEAT  EXCHANGERS  IN  ABSORPTION  
REFRIGERATION  SYSTEMS  
Following  the  successful  development  of  the  asymmetric  plate  heat  exchangers  EAW’s  absorption  
chiller   product   range   has   been   revised.   The   new   plate   heat   exchangers   were   integrated   into   the  
systems.  The  result  is  a  completely  new  generation  of  water/LiBr  absorption  chillers.  
Three  initial  systems  with  15,  30  and  65  kW  cooling  capacity  were  set  up,  successfully  tested  and  
measured.  The  new  plate  heat  exchangers  can  be  used  to  manufacture  absorption  chillers  up  to  a  
cooling  capacity  of  400  kW.  Figure  8  shows  the  simplified  scheme  of  single-stage  absorption  chillers  
with   the   exclusive   application   of   plate   heat   exchangers.   Figure   9   shows   views   of   the   absorption  
chiller  with  30  kW  nominal  cooling  capacity  without  and  with  enclosure.  The  market  entry  of  the  new  
series  was  launched  in  October  2018.  

  
Figure  8:  Simplified  flow  diagram  of  the  novel  
series  of  water/LiBr  absorption  chillers  with  
the  exclusive  use  of  plate  heat  exchangers  

  
Figure  9:  Views  of  the  water-/LiBr  absorption  
chillers  with  30  kW  rated  cooling  capacity  
without  and  with  enclosure  
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For  the  absorption  refrigeration  systems  nomograms  have  been  created  from  which  the  achievable  
cooling  capacity  can  be  quickly  determined  as  a  function  of  the  temperatures  of  cooling  brine  inlet,  
heating  water  inlet  and  chilled  water  outlet.  Figure  10  contains  the  nomogram  for  the  system  with  a  
nominal  cooling  capacity  of  65  kW.  

  
Figure  10:  Power  nomogram  of  the  AKM  with  65  kW  nominal  refrigerating  capacity  
Figure   11   shows   the   cooling   capacity   and   the   EERth   of   the   absorption   chiller   with   65   kW   cooling  
capacity  as  a  function  solution  flow  rate.  A  high  efficiency  of  0.75  ...  0.8  could  be  achieved.  EERth  is  
the  quotient  of  cooling  capacity  and  heating  capacity.  
tHW,i =	
  80°C	
  /	
  tCW,i =	
  27°C	
  /	
  tChW,o =	
  9°C

1,0

75

0,9

70

0,8

65

0,7

60

0,6

55

0,5

50

0,4

45

0,3

40

800

1.000

1.200

1.400
RS

1.600

1.800

EERth [-‐]

o

[kW]

80

0,2
2.000

[l/h]

  
Figure  11:  Cooling  capacity  and  EERth  of  the  chiller  with  65  kW  nominal  cooling  capacity  as  
a  function  of  the  volume  flow  of  the  refrigerant  rich  solution  for  measuring  point  80/27/9  
Figure  12  shows  that  these  absorption  chillers  can  also  be  used  in  district  heating  networks  or  in  
waste  heat  recovery  systems  where  high  temperature  spreads  (low  return  temperature)  are  required.  
With  80°C  heating  water  inlet  and  27°C  cooling  water  inlet  a  chilled  water  of  11°C  can  be  generated  
even   with   25   K   heating   water   temperature   difference   (heating   water   return   temperature:   55°C).  
However  the  cooling  capacity  is  reduced  compared  to  the  nominal  condition  -  with  a  heating  water  
return  temperature  of  70°C  to  66  %  of  the  nominal  capacity.  
The  new  plants  can  be  used  not  only  as  absorption  chillers  but  also  as  absorption  heat  pumps  or  
heat  transformers.  The  new  series  has  the  name  Maral.  
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Figure  12:  Heating  water  outlet  temperature  and  change  in  cooling  capacity  as  a  function  of  
the  heating  water  volume  flow  (measured  at  chiller  with  15  kW  nominal  capacity  –  
transferable  to  chillers  with  same  design  and  higher  capacities)    
HW

                                                                I  -  15  kW          II  -  30  kW                    III  -  65  kW            cooling  capacity  

  
(transparent  -  old  design  /  shadowed  -  new  design)  
Figure  13:  Size  comparison  of  the  old  and  new  plant  design    
The  results  are  very  positive.  In  terms  of  design  and  channel  height,  the  plate  heat  exchangers  are  
unique  on  the  world  market  and  can  be  used  for  the  refrigerant  water  in  the  generator,  condenser,  
evaporator  and  absorber  function.  Compared  with  the  use  of  tube  bundle  heat  exchangers  the  cost  
of  the  new  type  of  absorption  chillers  are  considerable  reduced  while  at  the  same  time  improving  
plant  compactness  (reducing  the  volume  to  around  60%).  Figure  13  compares  the  size  of  the  old  
and   the   new   plant   design.   Based   on   the   new   plate   heat   exchanger   a   series   of   seven   absorption  
chillers  with  capacities  ranging  from  15  …  400  kW  have  been  designed,  see  Figure  14.    
ILK  and  the  company  EAW  2018  received  the  German  Refrigeration  Award  for  the  development  of  
asymmetric  plate  heat  exchangers  and  their  application  in  a  new  generation  of  water/LiBr  absorption  
refrigeration  systems.  The  development  project  was  funded  by  the  Federal  Ministry  for  Economic  
Affairs  and  Energy  via  the  funding  program  INNO-KOM-OST.  

  
Figure  14:  Series  of  EAW’s  new  absorption  chillers  Maral  1  to  7    

6.   SUMMARY  
Water/LiBr  absorption  chillers  work  under  low  pressure  conditions.  Therefore  pressure  losses  of  the  
refrigerant  vapor  needs  to  be  low  because  absolute  pressure  differences  in  the  cycle  are  very  small.  
Due   to   the   high   specific   volume   of   water   vapor   large   flow   cross   sections   are   necessary   which  
preclude  a  compact  system  design.  On  the  other  hand  small  flow  dimensions  are  required  for  the  
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external  media  (heating,  cooling  and  chilled  water)  in  water  cooled  and  hot  water  driven  absorption  
chillers  for  a  good  heat  transfer.  Conventional  plate  heat  exchangers  which  have  the  same  channel  
heights  on  both  fluid  sides  are  therefore  not  usable  in  water/LiBr  absorption  chillers.  Different  channel  
heights  are  required.  But  asymmetric  plate  heat  exchangers  which  meet  the  special  requirements  
for   use   in   water-/LiBr   absorption   chillers   did   not   exist   so   far.   Within   a   R&D   cooperation   of   ILK  
Dresden,  EAW  and  a  heat  exchanger  manufacturer  asymmetric  plate  heat  exchangers  have  been  
developed  which  have  different  channel  heights  for  the  two  media  flows,  liquid  side  and  product  side.  
The   plate   design   is   adapted   on   the   conditions   of   water/LiBr   absorption   chillers   with   the   functions  
absorber,  generator,  evaporator  and  condenser.  Optimum  flow  and  thus  heat  transfer  conditions  of  
the  media  and  favorable  plate  wetting  are  achieved  in  the  apparatus.  Following  the  development  and  
production   of   the   adapted   asymmetric   plate   heat   exchangers   three   initial   plants   of   water/LiBr  
absorption  chillers  were  built  with  cooling  capacities  of  15,  30  and  65  kW  at  the  nominal  point.  The  
systems  were  successfully  tested  and  measured.  They  are  extremely  compact.  The  size  reduction  
is   on   average   40   %.   The   manufacturing   costs   have   been   reduced.   With   the   new   plate   heat  
exchangers  plants  can  be  built  up  to  a  refrigerating  capacity  of  400  kW.  The  new  plants  can  also  be  
used   as   absorption   heat   pumps,   heat   transformers   or   as   resorption   refrigerating   plants   for   cold  
temperatures  around  0  °C.  

7.   NOMENCLATURE  
A  
surface  
EER   energy  efficiency  ratio  
k  
heat  transfer  coefficient  
p  
pressure  
  
heating  capacity  
t  
Celsius  temperature  
v  
velocity  
  
volume  flow  
Indices  
A,  Abs   absorber  
c  
condenser  
Ch  
channel  
ChW     chilled  water  
CW      cooling  water  
el  
   electrical  
ex      external  
F  
fluid  
FF   falling  film  
  

m2  
kW/kW  
W/(m2K)  
Pa  
kW  
°C  
m/s  
m3/s  
G  
HW  
ht  
i  
l  
m  
max  
min  
  

  
  
  
  
  
  
  

pressure  loss  coefficient  
falling  film  intensity  
concentration  
difference  
efficiency  
heat  ratio  

generator  (desorber)  
heating  water  
heat  transfer  
inlet  
loss  
middle  
maximal  
minimal  

o  
o  
PS  
RS  
s  
S  
SC  
th  
  

-  
kg/(ms)  
M%  
unit  
-  or  %  
-  

cold,  evaporation  
outlet  
poor  solution  
riche  solution  
saturation  
solution  
subcooling  
thermal  
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ABSTRACT
High temperature heat pumps in industrial processes can enable an increase of their energy efficiency. The temperature swing adsorption process (TSA) enables an efficient separation of carbon
dioxide. An essential part of the TSA process is a heat distribution concept, for which high temperature heat pumps are a good choice, since heat must be removed at low temperature (evaporation
35-50°C) and supplied at high temperature (condensation 110-125°C). With this aim different heat
pump configurations have been numerically investigated using Dymola/Modelica™. A number of
heat pump configurations, varying pre-selected refrigerants, circuit configurations, etc., have been
simulated in order to compare the results by compressor size and an internal suction gas superheater (IHX).
The results show the relative displacement volume of each heat pump configuration and give recommendations of the use of the IHX as basis for investment costs and economical solutions.
Keywords: High-Temperature Heat Pump, Industrial Application, Heat Recovery.

1. INTRODUCTION
The use of high temperature heat pumps in industrial processes has been accelerated for several
years. Use temperatures of 90°C is state of the art. As development progressed, both the usage
temperatures and the thermal performance of the heat pumps were increased. Despite a growing
interest in heat pump technology, knowledge about it and its possible applications is not widespread
in industry. The present paper shows technical aspects of heat pump development when used in a
so-called temperature swing adsorption process (TSA process for short). Of course, the results can
also be applied to other industrial processes in order to implement energy efficiency measures in
industrial processes.
At the TSA process, carbon dioxide is adsorbed on an adsorbent at a low temperature (about 45 to
60°C) and desorbed at a higher temperature (about 95 to 115°C), regenerating the adsorbent. The
appropriate temperature levels and the corresponding separation efficiency between adsorption and
desorption depend essentially on the affinity for adsorption of carbon dioxide. Similarly high affinities
should be achieved in the TSA process as in amine washing, the energy requirement should be
considerably lower. The TSA process has been successfully researched in climate protection research for several years. (Xu, Song, Andresen, Miller, & Scaroni, 2002) and (Sonnleitner, Schöny,
& Hofbauer, 2017)
Preliminary investigations have shown that there is great potential for the TSA process, provided
that suitable continuous process control with separate adsorption and desorption zones can be implemented. It must be continuously cooled (adsorption zone in the adsorber) and heated (desorption
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zone in the desorber). High temperature heat pumps are very well suited for this purpose.
(Vogtenhuber, et al., 2017)
When designing heat pumps for use in the TSA process, source temperatures between 35°C and
55°C and sink temperatures between 105°C and 115°C must be assumed. The selection and design
of high temperature heat pumps raises a number of questions. The high operating temperatures at
the desorber compared to products available on the market, the resulting temperatures in the heat
pump condenser (condenser for short), the operating temperatures at the adsorber and the resulting
temperature differences between heat pump evaporators (evaporators for short) are the basis for
analyzing possible high temperature heat pumps and comparing them with each other.

2. GENERAL DESIGN ASPECTS
In order to design high temperature heat pumps, the know-how of cooling systems and heat pumps
for room heating and hot water preparation is used. The main differences to heat pumps in the range
up to 80°C utilization temperature lie in the refrigerants used and the requirements placed on the
single components in the refrigeration cycle. For the application of high temperature heat pumps in
industrial processes, there are different refrigerants that are better or less suitable for each area of
application. Tailored to the aforementioned application of the separation of carbon dioxide (DrexlerSchmid, Lauermann, Baumhakel, & Helminger, 2018) and (Helminger, Lauermann, Baumhakel, &
Drexler-Schmid, 2018) describe the selection of potential refrigerants, the selection of refrigeration
cycle configurations and aspects of the heating and cooling capacities of different configurations.
The selection of potential refrigerants was based on technical, economic and ecological aspects.
Refrigeration cycle configurations were modelled, configured and simulated for the intended operating conditions. The mentioned documents focus on the presentation of different configurations of
high temperature heat pumps and expected operating parameters, which provide the basis for economic evaluations of the operation. In the present paper, aspects of design and thus investment
costs are also dealt with. Each refrigeration cycle consists of the main components evaporator, compressor, condenser and expansion valve. In some refrigeration cycle configurations, additional components such as economizers or ejectors can be found. In this article, the costs of the compressors
and the use of an internal suction gas superheater (IHX) are examined in more detail.
The thermal performance in the evaporator and condenser and the electrical power consumption of
the high temperature heat pump are determined by the mass flow of the refrigerant in the refrigeration cycle and depend on the displacement volume of the compressor. The displacement volume
and thus the compressor size is of essential importance for the costs of a high temperature heat
pump.
Depending on their thermodynamic properties, refrigerants suitable for high temperature heat pumps
carry the risk that, in the event of insufficient suction gas superheating, compression into the wet
steam area could occur, which would damage the compressor. The required suction gas superheating is low at low temperatures and increases as the temperature difference between evaporator and
condenser increases. As a rule, a suction gas superheating of about 5 K prevails in the evaporator.
In order to ensure additional suction gas superheating, internal suction gas superheaters (IHX) are
used, which cause additional costs. It must therefore be decided at the design process of the high
temperature heat pump, depending on the operating conditions, whether this additional component
is to be installed or not.

3. OPERATING CONDITIONS, MODELLING, AND SIMULATIONS
The operating parameters for the present investigation are determined by the mode of operation of
the TSA process. It is essential that both the required cooling capacity at the adsorber and the heating capacity at the desorber are provided by the high-temperature heat pump. For the high-temperature heat pump, the source and lower inlet and outlet temperatures are decisive in the first step of
the investigation. The thermal performance is mainly determined by the delivery volume of the compressor(s) and can be determined by suitable selection of the compressor(s) or influenced by its
operating frequency. For further investigation it is assumed that suitable compressors are available
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and the focus is on operating temperatures. The operating temperatures are shown in Fig. 1 (DrexlerSchmid, Lauermann, Baumhakel, & Helminger, 2018). This results in a total of 180 operating points,
which are defined as follows:
 Source in temperature (evaporator) of 35, 40, 45, 50 and 55°C,
 Source temperature difference (evaporator) of 3, 5, 7.5 and 10 K,
 Sink in temperatures (condenser) of 95, 97.5 and 100°C,
 Sink out temperatures (condenser) of 105, 110 and 110°C and
 Heating capacity at condenser of 140 kW at source in temperature of 50°C, source temperature difference of 7.5K, Sink in temperature of 100°C and Sink out temperature of 115°C

Operting temperature
Sink out (105-115 C)

120
110
100
Temperature ( C)

90

Sink in (95-100 C)

80
70
60
50
40
30
20

Source temperature difference (3, 5, 7,5 und 10 C)

10

0
0

9

18 27 36 45 54 63 72 81 90 99 108 117 126 135 144 153 162 171 180
Operating points

Figure 1: Expected operating range and operating conditions for heat source and heat sink (DrexlerSchmid, Lauermann, Baumhakel, & Helminger, 2018)

The following diagrams in Figure 2 show the investigated refrigeration cycle configurations. The main
components of the refrigeration cycles are given at the refrigeration cycle “Single stage” and are the
compressor (Co), the condenser (C), the expansion valve (ExV) and the evaporator (E). In the "EVI"
refrigeration cycle (marked with b) in Figure 2), an economizer is installed which provides a vaporous
refrigerant for injection into the compressor. The refrigeration cycle configuration “Two cycle”
(marked with c) in Figure 2) consists in principle of two refrigeration cycles “Single stage”, in which
each compressor circulates half the refrigerant. In this way, one of the two refrigerant circuits does
not have to overcome the entire temperature difference between the heat source and the heat sink.
The use of an ejector is a method of increasing the efficiency and reducing losses. In contrast to the
refrigeration cycle configuration "Single stage", the compressor does not have to overcome the entire pressure ratio between condenser and evaporator. “Cascades” (marked with d) in Figure 2) are
divided into a low temperature refrigeration cycle (low temperature cycle for short) and a high temperature refrigeration cycle (high temperature cycle for short). In the “Cascade”, each individual refrigeration cycle has to overcome a lower pressure ratio than in the "Single stage" configuration. This
means that the compressor in each refrigeration cycle can be operated closer to its design point and
thus a higher compression efficiency can be achieved. Both refrigeration cycles are connected by a
heat exchanger (so-called evaporator condenser) in which the refrigerant of the low temperature
cycle condenses and the refrigerant of the high temperature cycle evaporates simultaneously. In the
refrigeration cycle "COS-ejector" (marked with e) in Figure 2), the refrigerant evaporates in two evaporators marked with E1 and E2. The cycles are described in more detail in (Drexler-Schmid,
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Lauermann, Baumhakel, & Helminger, 2018) and (Helminger, Lauermann, Baumhakel, & DrexlerSchmid, 2018).

C
C

ExV
Co

Co

a)
IHX

Eco

b)

ExV

IHX

ExV

E

E

c)

C

C
Co

Co

IHX

ExV

IHX

ExV

E

E

C

C
Co
IHX

ExV

IHX

E
C

d)

Co

e)

ExV
Co

Ej
ExV

IHX
E

E1

E2

Figure 2: Schematic sketch of refrigeration cycles a)„Single stage“, b)„EVI“, c)„Two cycle“,
d)„Cascade“ and e)“COS-Ejector“ (Drexler-Schmid, Lauermann, Baumhakel, & Helminger, 2018)

In all refrigeration cycle configurations optional internal suction gas superheaters (IHX) were provided. In the simulation, the function of the IHX is only activated if this is necessary for operation.
Preselected refrigerants are assigned to the investigated refrigeration cycle configurations, resulting
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in 14 configurations, which are summarized in Table 1. The modelling and simulation was done with
models in Modelica™. The TIL-library was used for the thermal modelling, which is widely used in
refrigeration engineering. (Helminger, Lauermann, Baumhakel, & Drexler-Schmid, 2018)
Table 1: Refrigerants and regrigeration cycles given by (Drexler-Schmid, Lauermann, Baumhakel, &
Helminger, 2018) and (Helminger, Lauermann, Baumhakel, & Drexler-Schmid, 2018)

Refrigeration cycle

Refrigerants

Single stage
EVI (enhanced vapour injection)

R600
R1234ze(Z)

Two cycle
COS-Ejector

R717/R1234ze(Z)
R1234ZE(E)/R1234ze(Z)
R717/R600
R600a/R600
R600a/R1234ze(Z)
R717/R1336mzz-Z

Cascade
Low temperature cycle/high temperature cycle

4. RESULTS REGARDING COMPRESSOR SIZE AND IHX
In this section the different compressor sizes are compared based on the displacement volume. The
displacement volume of the refrigerant circuit "Single stage" with the refrigerant R600 is used as a
reference and the other 13 variants are compared. The required heating capacity in the TSA process
is 140 kW at 50°C evaporator inlet temperature (source in) and 115°C condenser outlet temperature
(sink out, see chapter 3). Figure 3 shows the relative displacement volume of each configuration to
the reference configuration (circle with white filling). For all configurations (except the reference configuration) the overall displacement volume is shown as a black diamond. In the "Two cycle" configurations with R600 and R1234ZE(Z) the displacement volume of each refrigerant cycle is shown as
a diamond with a white filling. For the cascades, the displacement volume of the low temperature
cycle is shown as a square and the displacement volume of the high temperature cycle as a triangle.
Relative displacement volume [%]
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Figure 3: Relative displacement volume to configuration "Single stage" with R600
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The use of the IHX in each configuration is analyzed on the basis of the calculated suction gas
superheating. Figure 4 shows how the suction gas superheating behaves in the configuration “Single
stage” with R600 at each operating point. It is shown how the calculation results are distributed
depending on the operating temperatures.
Source temperature difference
3

14

5

7,5
Sink in
95-100 C

12
IHX superheating (K)

10

10
8
6
Sink out
105-115 C

4
2
0
Source in temperature

Operating point

Figure 4: Suction gas superheating in the IHX of the configurations "Single stage" with R600
Single stage - R600

Figure 5 shows the suction gas superheating for each operating point of the configurations "Single
stage", "EVI", "Two cycle" and "COS-Ejector" with R600 and R1234ZE(Z), respectively. Operating
points where no suction gas superheating is required are not shown.

IHX suctaion gas superheating (K)

14
12

10
8
6
4
2
0

Single stage
R600

R1234ZE(Z)

EVI
R600

Two cycle
R1234ZE(Z)

R600

R1234ZE(Z)

Cos-Ejector
R600

R1234ZE(Z)

Figure 5: Suction gas superheating in the IHX of the configurations „Single stage“, „EVI“, „Two
cycle“ and „COS-Ejector“ with R600 and R1234ZE(Z)

The calculation results of the required suction gas superheating in each low temperature and
high temperature cycles of the cascades are summarized in Figure 6. The operating points that do
not require suction gas superheating are also shown. For refrigerant circuits with R717, this is expected to be the case at all operating points.
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Figure 6: Suction gas superheating in the IHX in "Cascade" configurations

5. CONCLUSIONS
As expected, the evaluation of the displacement volume in Figure 3 of the compressors shows that
the refrigeration cycle configurations "Single stage", "EVI", "Two cycle" and "COS-Ejector" with
R1234ZE(Z) require a slightly larger displacement volume than refrigeration cycle configurations with
R600. A lower displacement volume is required for the "EVI" and "COS-Ejector" refrigeration cycle
configurations. In the case of cascades, the total displacement volume can be significantly lower in
some cases compared to the reference by using R717 in the lower temperature cycle. Only the
cascade R717/R1336mzz-Z requires a slightly higher overall displacement volume, which is due to
the displacement volume of the high temperature cycle with R1336mzz-Z. The cascade with
R1234ZE(E)/R1234ZE(Z) results in approximately the same total displacement volume. The cascades R600a/R600 and R600a/R1234ZE(Z) require a slightly higher total displacement volume.
When evaluating the suction gas superheating, IHX for refrigeration cycles with a required suction
gas superheating below 3K can be omitted ("Single stage", "Two cycle" and "COS-Ejector" with
R1234ZE(Z)). If the suction gas superheating is between 3 and 6K ("EVI" with R1234ZE(Z)), it should
be checked if the operating range can be restricted and whether an IHX is still required. For suction
gas superheating above 6K (R600), an IHX is recommended unless a significantly restricted operating range indicates a low required suction gas superheating. As expected, no IHX is required for
cascades with R717 in the low temperature cycle. For cascades with suction gas superheating of
about 5 K, either the low temperature cycle or the high temperature cycle could be equipped with an
IHX and the IHX in the other cycle could be omitted. The high temperature cycles with R600 or
R1336mzz-Z in the respective cascades should be equipped with an IHX.
The numerical assessment of the heat pump configurations in this work, the influence of the different
heat pump cycles and different refrigerants is shown. The results provide information on the necessary compressor capacity and the question whether or not a suction gas superheater is needed for
the specific application of biogas upgrading. Both of these components play a significant role in
investment costs.
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NOMENCLATURE
C
COS
Eco
EVI
IHX

Condenser
Condenser outlet split
Economizer
Enhanced vapour injection
Internal suction gas superheater

Co
E
Ej
ExV
TSA

Compressor
Evaporator
Ejector
Expansion valve
Temperature swing adsorption
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ABSTRACT
Water (R-718) is a safe and energy-efficient refrigerant. Mechanical vapour recompression (MVR),
an open-loop heat pump using R718, can significantly reduce the energy consumption for steamheated processes like drying, pasteurization, evaporation or distillation. However, the existing
compression technology is not cost-efficient, especially in the capacity range from 500 kW to 4 MW.
Therefore, a novel two-stage turbo-compressor system, developed for application in industrial
superheated steam drying and based on mass-produced automotive turbocharger technology, was
developed. Its performance was evaluated in a test facility, showing that it is possible to compress
superheated steam from atmospheric pressure up to 3 bar, delivering 300 kW at 133°C, with a COP
of 5.9, an isentropic efficiency of 74% and a Carnot efficiency of 48%. With an estimated investment
cost of 150 €/kW installed heating capacity, the system clearly has the potential of being a costeffective solution for heat recovery in steam-heated industrial processes.
Keywords: R718, turbo-compressor, mechanical vapour recompression, heat pump, steam drying

1. INTRODUCTION
Industrial heat pumps available on the market today normally operate with a heat delivery (heat sink)
temperature of not more than 70 °C - 100 °C, depending on technology and refrigerant applied. In
this temperature range, air or water is often used as a secondary heat carrier. There are, however,
numerous industrial processes with heat demands at temperatures above 100 °C, such as drying,
evaporation, pasteurization, sterilization or distillation, for which steam is used as a heat transport
medium (Elmegaard et al., 2017).
Industrial drying processes require intensive use of energy. Estimates show that 12 % to 25 % of
the national industrial energy consumption in developed countries is attributed to industrial drying,
with limited utilization of waste heat streams. There is an accordingly large potential for more efficient
and environmentally friendly technologies within industrial drying processes. By integrating a heat
pump system, the specific energy demand can be reduced with up to 80% (Sannan et al., 2016.,
Kang and Ryu, 2016).
Heat pumps operating with heat sinks above 100 °C are normally classified as high-temperature
heat pumps (HTHP). The choice of refrigerant for a HTHP is limited. Water (R718) is one of the few
alternatives that is not only thermodynamically effective but also environmental-friendly, nonflammable, non-toxic and cost-effective (Larminat et al., 2014). Since water vapor (steam) is used
as energy source in numerous plants its industrial acceptance is very high. Disadvantages include
high specific volumes, as well as a large volume change and superheating during compression.
Mechanical vapour recompression (MVR) is an open-loop heat pump technology using R718. The
MVR technology has the potential of significantly reducing the energy consumption for steam-heated
processes. However, MVR is today normally applied only for thermal capacities higher than 10 MW
because the specific investment costs (cost per kW installed capacity) for smaller systems can be
as high as 1000€/kW (Bantle et al., 2018). To be an economically feasible alternative for the industry
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an investment cost of 100 – 200 €/kW is required (Elmegaard et al., 2017). Steam compressor
technology is today the main cost component in MVR systems and for capacities between 500 kW
and 4 MW there is no cost-efficient technology available on the market (Elmegaard et al., 2017).
Turbo-compressor technology is however considered as a potentially cost-effective and efficient
alternative to conventional compressors in this capacity range. High impeller speeds allow a compact
design with low material consumption. Turbo-compressors are normally used for compression of air
and about 95% of all diesel cars are equipped with a "turbocharger" (Weel et al., 2013).
There are a several research projects focused on developing cost-effective R718 compressors for
use in HTHPs. Larminat et al. (2014), Chamoun et al. (2014) and Madsboell et al. (2015) all present
compressor technology development to supply 500 kW - 700 kW heat at a condensing temperature
of 130 °C. Meroni et al. (2018) compared different HTHP cycles and compressor designs for steam
generation at 150 °C and conclude that direct compression of steam (i.e. MVR) in a two-stage cycle
out-performed the closed loop cascade cycles using other refrigerants. Zühlsdorf et al. (2018)
suggests design recommendations for two-stage R718 turbo-compressors, to obtain lower
investment costs and efficient de-superheating.
In the present work, a system with two-stage turbo-compression of steam was conceptualized,
constructed and evaluated in a test facility. The objective is to investigate the potential of using an
MVR heat pump with a turbo-compressor system based on mass produced components from the
vehicle industry, in order to find a cost-efficient solution for waste heat recovery in industrial
processes such as steam drying. By performing measurements with varying impeller speeds and
mass flow rates the compressor performance map and system efficiency are determined, enabling
an assessment of operating area and energy efficiency. In section 2, the test facility and experimental
procedure are presented followed by a description of the method used for performance evaluation
in section 3. The results are presented, discussed and concluded in section 4 and 5.

2. EXPERIMENTAL SETUP
2.1 Test facility system
In Fig. 1 the essential components and measuring points of the test facility are presented. The twostage turbo-compressor system is designed for an industrial steam dryer providing up to a ton of
excess steam per hour at atmospheric pressure and 10-20 K superheat. Drying conditions are
simulated by means of a steam generator and steam cooler.

Figure 1: Schematic representation of the experimental setup of the MVR heat pump system.
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The inlet of the first turbo compressor stage (1) is connected to the steam generator. After the first
compression stage (1-2) a controlled amount of water is injected to reduce the steam superheat to
around 20 K before the second stage inlet (2-3). After the 2nd compression stage (3-4) the pressure
of the superheated steam is reduced to atmospheric conditions in the expansion valve (4-5). To
minimise thermal stress on the steam generator, water injection is applied after the expansion valve.
A steam cooler connected to the steam generator cools the system (i.e. simulates the dryer) by desuperheating the steam before it enters the 1st compression stage (5-1) at atmospheric pressure and
20 K superheat. To minimise mechanical stress of the compressor, all piping work was constructed
to ensure compensation for thermal expansion during start-up and operation. The piping is insulated
by 50 mm mineral wool (k=0.05 W/m·K). DN100 piping was used to minimize system pressure drop.
2.2 Turbo-compressor setup
Two identical turbo-compressors are installed in series to achieve a total pressure ratio of 3. A
planetary gearbox, enabling a high transmission ratio of 7.5 with a mechanical efficiency of 98%, is
mounted on the drive shaft of each turbo-compressor. The planetary gearbox is equipped with an
internal oil pump and an external water-cooled oil cooler. A 650 V water cooled DC-motor is placed
directly on the drive shaft of the gearbox, enabling a rotational speed of up to 90 000 rpm at the
impeller. The motor is controlled by an inverter which can deliver 59 kW at an efficiency of 97%.
The turbo-compressor prototype is a further development of a conventional radial turbocharger from
the automotive industry (i.e. designed for air), adapted by the manufacturer for use in steam
compression systems. The modifications aimed at achieving a larger pressure ratio at a high
isentropic efficiency and improving the durability for long-term continuous operation. The modified
prototype includes an impeller designed in titanium with a diameter of 100 mm (the rest of the casting
is in alumina) and a reinforced sealing between compression chamber and gear box.
It represents a compact and light-weighted design, with a total weight of the complete unit (turbocompressor, gearbox, DC-motor) of about 40 kg and dimensions of 50 cm in length, 40 cm in width
and 35 cm in height. More detailed design conditions are presented in Bantle et al. (2018). Based
on costs for this turbo-compressor set-up the MVR heat pump investment cost is estimated to around
150 €/kW installed condenser capacity.
2.3 Data aquisation and measurement uncertainity
Steam temperature, pressure, mass/volume flow rate and oxygen content are measured at different
points in the experimental facility, as shown in Fig. 1. Electric power of each inverter is recorded, as
well as cooling capacity of the steam cooler and the respective water coolers, and the amount of
injected cooling water. The accuracy of the sensors is between ±0.5 to ±0.75%, and the sampling
rate of the data acquisition system is 1-5 seconds.
Measurement uncertainties are determined in accordance with ISO-5167-1:2003 and ISO-51672:2003, including primarily instrumental inaccuracy. For a pressure ratio of above 1.5 the uncertainty
is less than 1.5 %. However, by error propagation, the calculated isentropic efficiency may vary by
up to 5%, mainly due to the measuring inaccuracy of the pressure sensors. At higher pressures the
uncertainity is significantly reduced.
2.4 Experimental procedure and operating conditions
Since the impeller is sensitive to droplets the system cannot be started with saturated steam. Instead
it is started in an air atmosphere and heated up to a temperature of 110 °C, with excess heat from
the compressor. Water is then injected through the de-superheaters and immediately evaporated,
filling the system with superheated steam by replacing the air through the condenser purge valve.
The system is considered completely filled with steam when the oxygen content is less than 0.1%.
Variation in operating points is achieved by changing the impeller speed of the two stages and
changing the expansion valve opening posistion. An operating point is defined as stable when
measurement variance over a period of 5 minutes is less than determined measurement uncertainty.
The maximum investigated impeller speed was 81 000 rpm for the 1st stage and 72 000 rpm for the
2nd stage. Full speed of 90 000 rpm was not reachable due to a too high temperature of the gear box
cooling oil. Impeller speeds below 54 000 rpm were not analysed since the corresponding operating
conditions are industrially irrelevant due to the small pressure ratio achieved.
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3. PERFORMANCE EVALUATION METHOD
3.1 Compressor performance map
A compressor performance map is a commonly used graph to represent, compare and analyze the
performance at various operating conditions. Fig. 2 shows a typical performance map for turbocompressors illustrating the relationship between mass/volume flow rate, pressure ratio, isentropic
efficiency and impeller speed. Unstable operating points are represented by the "surge line" and
"choke line". Surge behaviour occurs when the fluid flows back from the high-pressure to the lowpressure side, while choke behaviour is characterised by a rapid drop in pressure ratio.

Figure 2: Schematic representation of a typical performance map for a turbo compressor

The determination of the performance map for the investigated turbo-compressor system was made
as follows. All measured operating points are calculated back to a standardised reference point (i.e.
a defined pressure and temperature). This is especially important for steam (R718) whose density
is strongly reduced with reduced pressure. It is also recommended to adjust the impeller speed to
correct for temperature influence (Hafaifa et al., 2014). These corrections enable a comparison of
different operating points in the same performance map. Otherwise, the respective input parameters,
e.g. temperature, pressure and flow rate, must be indicated for each point in the map.
Isentropic efficiency (ηis) is calculated from the ratio of enthalpy difference over the compressor for
isentropic and real operating conditions (given from temperature and pressure measurement at inlet
and outlet);
ℎ𝑜𝑢𝑡,𝑖𝑠 − ℎ𝑖𝑛
𝜂𝑖𝑠 =
Eq. (1)
ℎ𝑜𝑢𝑡 − ℎ𝑖𝑛
Pressure ratio (Πt) is given from the ratio of discharge and suction pressure of each compressor
stage;
𝑝𝑡 𝑜𝑢𝑡
𝛱𝑡 =
Eq. (2)
𝑝𝑡 𝑖𝑛
The corrected mass flow rate (𝑚̇𝑟𝑒𝑑 ) in Eq. 3 is achieved by calculating the mass flow rate back to
the suction side reference point (van Essen, 1998), which was set to 1.013 bar and 120°C
(corresponding to typical dryer conditions). In addition, the temperature measurements are corrected
for heat losses (Thl) between the measuring point and the actual compressor inlet/outlet.

𝑚̇𝑟𝑒𝑑 = 𝑚̇ 𝑡 ·

√(𝑇ℎ𝑙 𝑖𝑛 /𝑇𝑟𝑒𝑓 )

Eq. (3)

(𝑝𝑡 𝑖𝑛 /𝑝𝑟𝑒𝑓 )
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The corrected volume flow rate is then given by using the density of R718 at the reference point
(𝜌𝑟𝑒𝑓 = 0,565 kg/m 3);
𝑚̇𝑟𝑒𝑑
𝑉̇𝑟𝑒𝑑 =
Eq. (4)
𝜌𝑟𝑒𝑓
The corrected impeller speed (Nred) is given from Eq. 5 where Nset is the set speed at the inverter.
𝑁𝑠𝑒𝑡

𝑁𝑟𝑒𝑑 =

√(𝑇ℎ𝑙 𝑖𝑛 /𝑇𝑟𝑒𝑓 )

Eq. (5)

The speed corrected pressure ratio (Πrel), mass and volume flow rate (𝑚̇𝑟𝑒𝑙 , 𝑉̇𝑟𝑒𝑙 ) are then calculated
as:
𝑁𝑠𝑒𝑡
𝛱𝑟𝑒𝑙 = 𝛱𝑡 ·
Eq. (6)
𝑁𝑟𝑒𝑑
𝑁𝑠𝑒𝑡
𝑚̇𝑟𝑒𝑙 = 𝑚̇𝑟𝑒𝑑 ·
Eq. (7)
𝑁𝑟𝑒𝑑
Nset
Eq. (8)
𝑉̇𝑟𝑒𝑙 = 𝑉̇𝑟𝑒𝑑 ·
𝑁𝑟𝑒𝑑
3.2 Energy efficiency
The coefficient of performance (COP) of the turbo-compressor system is defined as the ratio
between condenser cooling capacity and total electricity consumption of the system;
𝐶𝑂𝑃 =

𝑄̇𝑐𝑜𝑛𝑑
̇
∑ 𝑃𝑒𝑙

Eq. (9)

The COP determined from Eq. 9 considers all losses in the system; such as pressure drop (piping,
measuring instruments, water nozzles, heat exchangers), losses of inverter, motor and gear unit,
heat losses of the complete plant and compression losses of both turbo compressors.
The maximum theoretical COP, COPCarnot, is determined according to Eq. 10. Tcond.,HP and Tcond.,LP is
the condensing temperature [K] on the high pressure and low pressure side, respectively.
𝐶𝑂𝑃𝐶𝑎𝑟𝑛𝑜𝑡 =

𝑇𝑐𝑜𝑛𝑑.,𝐻𝑃
𝑇𝑐𝑜𝑛𝑑.,𝐻𝑃 − 𝑇𝑐𝑜𝑛𝑑.,𝐿𝑃

Eq. (10)

Finally, the maximum system efficiency, the Carnot efficiency, is given as the ratio between the
measured COP and the maximum COP;
𝜂𝐶𝑎𝑟𝑛𝑜𝑡 =

𝐶𝑂𝑃
𝐶𝑂𝑃𝐶𝑎𝑟𝑛𝑜𝑡

Eq. (11)

4. RESULTS
4.1 Experimental compressor performance map
A performance map of the two-stage turbo compressor system was determined based on 87
measured stable operating points and is shown in Fig. 3. It can be observed that the second stage
(blue dots) operates more closely to the surge line and is thus limiting the operating area of the
system. An identical impeller design was used for both stages, which is not an optimal solution due
to the change in steam volume flow between the two stages. A smaller design of the 2nd stage
impeller is needed to obtain stable operation with a good safety margin to the surge line. Fig. 3 also
shows the maximum achieved pressure ratio for the two stages; 1.95 at 81 000 rpm for the 1st stage
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and 1.7 at 72 000 rpm for the 2nd stage. Due to the limitation of the gear box cooling oil temperature
this is currently the highest possible pressure ratios that can be achieved in the test facility.

Figure 3: Experimentally determined performance map for the 1st and 2nd compressor stage

To analyze the system behavior when operating the two stages at either equal or unequal impeller
speed, six operating points were selected for further evaluation. In Fig. 4, the three solid arrows (14) represent the connections between operating points for the 1st and 2nd stage at equal impeller
speed, while the dashed arrows (5-6) represent the connections at unequal impeller speed.

Figure 4: Dependencies (shown as arrows) between the 1st and 2nd stage for six operating points.

In point 1-4 both compressor stages are operated at 72 000 rpm. When then the expansion valve is
successively more closed (moving left in the diagram), the pressure ratio and isentropic efficiency is
improved for both stages, while the mass flow, and thus the condensing capacity, is reduced. In
point 5 and 6 the impeller speed of the 1st stage is increased in relation to the 2nd stage. This leads
to a larger pressure ratio for the 1st stage, while the mass flow remains almost unchanged. The
operating point of the 2nd stage remains in a nearly constant position, close to the surge line, as
when operating at equal impeller speeds (point 4). Both stages remain in the range of an isentropic
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efficiency of 0.72 to 0.74. With different impeller speeds it is therefore possible to operate the system
with higher pressure ratio and flow rate (condensing capacity) as well as a higher isentropic
efficiency.
4.2 System efficiency
Table 1 shows the results from the performance analysis of the six operating points (#1 - #6)
presented in Fig. 4. For point 1-4 (operation at equal impeller speed) an increased pressure ratio
results in both a lower condensing capacity and a lower COP. When operating the 1 st stage with a
higher impeller speed (points 5-6) the total pressure ratio and condensing capacity are increased at
the same time. For the desired pressure ratio of 3.0, a condensing capacity of 300 kW (steam flow
of 500 kg/h) was achieved at a COP of 5.9, and a Carnot efficiency of 48 %. Even if the compressors
account for the largest losses the isentropic efficiency is above 70%, which in principle is a
satisfactory result. More notable is the observed heat losses, contributing to above 20% of the total
losses, despite the use of thermal insulation. However, the compressor outlet temperature can be
up to 230 °C, i.e. a temperature difference of up to 200 degrees to the environment, while the
insulation thickness is only 5 cm.
Table 1: Summary of performance analysis for the six selected operating points (shown in Fig. 4).
𝑁𝑠𝑒𝑡
𝑚̇𝑡
Π𝑡
𝑇𝑠𝑎𝑡
𝑃𝑒𝑙
𝐶𝑂𝑃
𝐶𝑂𝑃𝑐𝑎𝑟𝑛𝑜𝑡
#
𝑇𝑙𝑖𝑓𝑡
ηSystem
𝑄̇𝐾𝑜𝑛𝑑 .
1/min)
kg/s)
−)
°C)
kW)
−)
−)
kW)
K)
1.
72.000 –
0,167
1,4
110,4
10,4
373,1
52,9
7,1
36,8
19,2%
72.000
2.
72.000 –
0,164
1,8
116,6
16,6
362,5
52,4
6,9
23,5
29,3%
72.000
3.
72.000 –
0,141
2,5
127,7
27,7
306,8
47,4
6,5
14,4
45,1%
72.000
4.
72.000 –
0,125
2,6
129,5
29,5
272,3
42,1
6,5
13,6
47,8%
72.000
5.
76.500 –
0,130
2,8
131,8
31,8
282,4
45,8
6,2
12,7
48,7%
72.000
6.
81.000 –
0,138
3,0
133,5
33,5
299,5
50,7
5,9
12,1
48,8%
72.000

5. CONCLUSIONS
This paper presents an experimental investigation of a two-stage turbo compressor MVR system,
consisting of two identical impellers and developed for application in industrial superheated steam
drying. A performance evaluation shows that the novel system has a clear potential of being a costeffective alternative to conventional vapour compression systems. With the possibility of using
series-produced components from vehicle industry, the estimated investment cost for the MVR
system is 150 €/kW installed heating capacity. Stable operating conditions were documented for
impeller speeds up to 81 000 rpm for the 1st compressor stage and 72 000 for 2nd stage. The desired
total pressure ratio of 3.0 was reached, with an isentropic efficiency of 74 % for both stages. For the
application of an atmospheric superheated steam dryer a steam flow of 500 kg/h at a condensing
temperature of 133 °C was achieved, delivering 300 kW heating capacity with a system COP of 5.9
and a Carnot efficiency of 48%. The 2nd stage operates close to the surge line, implying that the
design of the impellers should be adjusted to the targeted pressure and volume flow conditions at
each stage, to ensure stable operation of both stages near the optimum operation point.
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NOMENCLATURE
Abbreviations
COP Coefficient of performance
HP
High pressure
HTHP High temperature heat pump
LP
Low pressure
MVR Mechanical vapour recompression
Roman
h
specific enthalpy
[J·kg-1]
𝑚̇
mass flow
[kg·s-1]
N
impeller speed
[min-1]
𝑃̇
power
[W]
p
pressure
[Pascal]
𝑄̇
heat flow
[W]
T
temperature
[K]
̇𝑉
volume flow
[m3·s-1]

Greek
𝜂
𝛱
ρ
Subscripts
cond
el
hl
in
is
out
red
ref
rel
sat
t

efficiency
pressure ratio
density

[-]
[-]
[kg/m3]

condenser
electrical
heat losses
inlet
isentropic
outlet
reduced or standardised
reference conditions
relative
saturated
total
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ABSTRACT
In this study, we focused on the way of waste heat utilization to supercooling in refrigerated cabinet(s)
by cold heat of PCM (Phase change material) in the case of supermarket fields. In this experiment,
we installed a heat exchanger after the condenser of the refrigerated cabinet to control the
supercooling degree using the PCM cold storage tank. We changed supercooling water flow rate
throughout the year to measure and compare the supercooling degree and power consumption of
each season. We measured the energy conservation effect of supercooling by PCM in the
refrigerated cabinet(s). As the result of this experiment, the exhaust heat utilization to supercooling
by PCM was effective for energy conservation in the summer and the intermediate seasons. On the
other hand, we confirmed that the effect of supercooling by PCM could be lost when the outside
temperature was 16 Celsius and below.
Keywords: Heat Recovery, PCM, Supercooling, Supermarket.

1. INTRODUCTION
Activities to reduce energy consumption have become increasingly important in recent years from
the viewpoint of taking countermeasures against environmental problems such as global warming.
The United Nations has set itself an objective of "Climate Action" as the thirteenth objective of the
Sustainable Development Goals (SDGs) in Paris Agreement.
Concept of an effective utilization of Energy Management Systems (xEMS) for commercial facilities
with high energy consumption out of the concepts such as ‘Smart City technology’, ‘Realization of
energy management technology based on Information Communication Technology (ICT)’ are highly
required to achieve sustainable cities and communities.
The xEMS technology can be utilized in both cities and suburbs in consideration of not only "Climate
Action" in SDGs, but also social problems such as hyper-aging society and depopulation in Japan.
In suburbs, an idea of "Compact City" could be becoming popular to solve those problems (as
illustrated by Figure 1).

Figure 1: Compact city concept
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In the previous research, we researched the possibility of mutual use of electricity and thermal
energy, especially heat recovery, assuming a compact city in the suburbs with many business forms
including Supermarket.
We constructed a 1/15 scale model to consider utilization Combined Heat and Power (CHP)
assuming a complex of supermarket and restaurant in a compact city (Figure 2).

Figure 2: 1/15 scale model of supermarket and restaurant

In this study, we examined the possible countermeasures of energy conservation in supermarket
facility, on the assumption that the waste heat from CHP is converted to cold water by adsorption
refrigerator. We focused on reducing the electricity consumption by extending the supercooling
degree of the condenser in refrigerated cabinet since it was confirmed that refrigerated cabinet
accounts for about 60% of the total electricity consumption of supermarket facilities in general. We
changed supercooling water rate throughout the year to measure and compare the supercooling
degree and power consumption of each season.
The purpose of this study is to conduct experiments which focus on how much supercooling effect
can be obtained by utilizing PCM as cold heat storage material.

2. APPROACH
We constructed an indoor environment simulating a supermarket facility to conduct experiments
within the environment using an actual refrigerated cabinet. We constructed an experimental
apparatus for supercooling the refrigerant between the condenser outlet of the refrigerated cabinet
and the expansion valve by installing a heat exchanger between the expansion valve and the
condenser of the refrigeration cycle of the refrigerated cabinet (Figure 3).

1 ： Compressor
2 ： Condenser
3 ： Valve
4 ： Plate heat exchanger
5 ： Expansion valve
6 ： Evaporator
Refrigerant： R404A
PCM: Paraffin Type
(JXTG Nippon Oil & Energy Corporation)
Melting Point 9, Freezing Point 10
Heat Storage Capacity 181 [kJ/kg]

Figure 3: Schematic diagram of experimental apparatus
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The apparatus shows that the heat exchange is performed by cold water generated by the chiller,
realizing supercooling of the refrigerant located after the condenser. In addition, the refrigerant used
in this experiment is R404A which is widely used for refrigerated cabinet in general. Figure 4 shows
the P-h diagram of the refrigeration cycle.
(i) Case of Normal Operation
- Refrigeration-cycle operation without
supercooling experiment
COP =

h1 – h4
h2 – h1

(ii) Case of with Supercooling (with PCM)
- Supercooling experiment conducted with PCM
(PCM tank filled with maximum amount of PCM)

COP =

h1 – h4’
h2 – h1

Figure 4: P-h diagram of experimental apparatus

In this experiment, the energy saving effect of supercooling is confirmed by comparison of the power
consumption of normal operation and with PCM of the refrigerated cabinet.
This experiment was conducted to compare results measured during the summer, winter and
intermediate season. Also, since the energy consumption of the refrigerated cabinet is greatly
affected by the outside air temperature, we will grasp the relationship between the outside
temperature and the effect of supercooling.
The experiment was scheduled to be conducted between 10:00 AM and 6:00 PM time period in
which the actual supermarket facility is open for business and also the sun is out throughout the time
period.
In the case of with PCM, we keep the tank temperature at 8℃ after placing the PCM into the tank.
Circulating the cooling water from 10:00 AM to conduct heat exchange with the condenser of the
refrigeration cabinet by using the PCM thermal energy storage amount.
We circulate cooling water at 3.6 L/min and 7.2 L/min between the PCM tank and the heat exchanger
to confirm the effect of rate of water flow.
The purpose of this experiment is to conduct analysis with the results of comparison of energy
consumption reduction rate to examine to what extent the supercooling effect PCM tank contributes
to energy saving. Figure 5 shows pictures of the experimental apparatus.

Condenser

Compressor

Evaporator
Expansion valve
Heat exchanger

PCM tank

PCM

Figure 5: Pictures of experimental apparatus
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2.1.

Energy Conservation Effect of Supercooling by PCM

Power Consumption kWh
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Outside Temperature ℃

Power Consumption kWh

Figures 6-8 are graphs summarizing the comparison of energy consumption of refrigerated cabinet
throughout the year. The line graphs have shown that there are no large difference in outside air
temperature throughout the day. This is because days with stable weather conditions were selected
for the measurements in order to ensure the supercooling effect was distinguishable with PCM.
The bar graphs have shown the energy-consumption result of each seasons in the case of normal
operation, circulating cooling water between the PCM tank and the heat exchanger at 3.2 L/min and
7.2 L/min. The graphs were used to examine the effect on the refrigerated showcase brought by
supercooling effect of the refrigeration cycle.
The experimental results have shown that the summer season had the highest power consumption
throughout the year. Also, comparison result of the performance of the refrigerated showcase under
different conditions have shown that the amount of effect of energy consumption reduction amount
with PCM was the highest in summer throughout the year to compare with normal operation.
In the case of intermediate season, it was about half of the energy consumption compared to summer.
Compared to its normal operation, the result has shown that even though the power consumption
with PCM is smaller than that in summer, it has shown the effect.
Also, the energy consumption is the smallest in winter throughout the year. The result has shown
that there is almost no difference in energy consumption reduction with PCM compared to its normal
operation.

P(With PCM,7.2 L/min)
T(Normal Operation)
T(With PCM, 3.6 L/min)
T(With PCM,7.2 L/min)
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Figure 6: Power consumption in summer

P(Normal Operation)
P(With PCM,3.6 L/min)
P(With PCM,7.2 L/min)
T(Normal Operation)
T(With PCM, 3.6 L/min)
T(With PCM,7.2 L/min)

0

Times of Day

Figure 7: Power consumption during intermediate period
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Power Consumption kWh
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Figure 8: Power consumption in winter

2.2.

Effectiveness on Cold Water Flow Rate Difference on Power Consumptions

Table 1 summarizes the energy consumption reduction and the reduction rate of each supercooling
experiment result for each season. The result of this experiment has confirmed that supercooling
effect is the most effective in summer, reaching to 22% of power reduction rate at 3.6 L/min and 7.2
L/min as well compared with normal operation.
We confirmed that the effectiveness of energy consumption reduction at the flow rate of 3.6 L/min
was lower than at that of 7.2 L/min. In the total power consumption viewpoint between 10:00 AM and
6:00 PM time period, the amount of power consumption reduction difference between at 3.6 L/min
and 7.2 L/min was 0.1kWh which meant few difference among them.
Table 1. Summary of supercooling test for each season

Power
Consumption
at 11:00 at 14:00
kWh
Supercooling ℃

Reduction
amount
kWh

Reduction
rate
%

Normal Operation

―

―

9.6

―

―

With PCM(3.6L/min)

9.8

2.2

7.4

2.2

22.0

With PCM(7.2L/min)

9.2

1.2

7.5

2.1

22.0

Normal Operation

―

―

3.8

―

―

Intermediate With PCM(3.6L/min)
Period

9.1

6.8

3.6

0.2

5.6

With PCM(7.2L/min)

9.6

8.9

3.7

0.1

2.9

Normal Operation

―

―

3.0

―

―

With PCM(3.6L/min)

8.0

7.8

2.7

0.2

8.1

With PCM(7.2L/min)

7.2

4.5

2.8

0.2

7.7

Summer

Winter
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Degree of Supercooling ℃

Focusing on the summer where the most effective energy consumption reduction by PCM compared
with normal operation, it was confirmed that time to maintain supercooling at the flow rate of 7.2L/min
was earlier than that of 3.6L/min (Figure 9).

12
11
10
9
8
7
6
5
4
3
2
1
0

With PCM
(3.6L/min)
With PCM
(7.2L/min)

10:00 11:00 12:00 13:00 14:00 15:00 16:00 17:00 18:00
Times of Day
Figure 9: Supercooling trends in summer

This is because the amount of heat exchange on condenser with the cooling water at 7.2L/min was
higher than the case of 3.6L/min. In other words, it means that the latent heat of the PCM tank in the
case of 7.2L/min was used earlier than that of 3.6 L/min. Therefore, if the capacity of PCM tank would
have a sufficient amount to be supercooling during business hours in the summer, it is suggested
that the power reduction effect at 7.2L/min would be higher than 3.6L/min.
We confirmed that how much time will be covered as supercooling by PCM with cooling water could
be the one of the parameter of sizing to PCM tank.
2.3.

Relationship between Outside Air Temperature and Energy Consumption

Relationship between the outside air temperature and the energy consumption through the year was
examined to clarify the effects of the supercooling or not. In the previous study2), we confirm that
outside temperature was one of the key factor to confirm the tendency of power consumption of
refrigerated cabinet.
Figure 10 illustrates a plot of energy consumption in the approximation formula as linear in the case
of normal operation and with PCM at 3.2 L/min and 7.2 L/min as well. X = 16.3 was obtained as the
result when examined the intersection of two approximate lines. Therefore, it can be considered that
the energy conservation effect by supercooling utilizing PCM disappears when the temperature is
lower than approximately 16°C.
It was confirmed that the supercooling effect of PCM disappeared compare to its normal operation
even if the flow rate of cold water by PCM be changed from 3.6L/min to 7.2L/min.
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Figure 10: Relationship between power consumption and outside temperature

3. CONCLUSIONS
It was confirmed that the effect of supercooling by utilizing the PCM tank was highest in the summer
throughout the year.
The experiment results have shown that the supercooling effect brought by PCM, at which meant
that the energy consumption reduction effect can be obtained when the outside air temperature is at
16 ºC and over even if changing the flow rate from 3.6 L/min to 7.2 L/min.
Therefore the condition where the outside temperature is higher than 16 ºC could be utilized as one
of the index when considering the installation of PCM to the actual supermarket facility.
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ABSTRACT
Waste Heat Recovery in the industrial sector often requires to upgrade the temperature of the heat
fluxes in order to make them useful for the process. Thermochemical Heat Transformer can play a
major role as they can provide high temperature lift when compared to alternative technologies.
The aim of the presented work is twofold:
• to identify suitable working pairs using water as working fluid taking into account three criteria:
COP, temperature lift and equilibrium drop (difference of the operating temperature and
pressure to their value at equilibrium)
• to run a parametric study, thanks to a dynamic 2-salt/2-reactor model, to identify optimal specific
heat power as a function of cycle time, working pairs and reactor heat transfer coefficient.
For waste heat temperature at 90 °C and a cold source at 30 °C, the CaCl2/H2O and Ca(NO3)2/H2O
working pairs were identified as promising. The achieve temperature lift is as high as 90 K for a
theoretical COP of 0.42. In dynamic operating, a specific heat power of 325 W/kg was found.
Keywords: Thermochemical Heat Transformer, Waste Heat, Salt Screening.

1.

INTRODUCTION

As reported by Ademe, waste heat valorization is a promising solution to dramatically increase the
energy efficiency of the industrial sector (ADEME, 2015). According to this report, heat to electricity
conversion (e.g. ORC) becomes competitive for temperatures of recovered heat above 150 °C
whereas a huge amount of waste heat is available at lower temperature. While sorption systems
are industrially available for heat to cold conversion, there is today a great challenge for heat to
heat conversion, i.e. to upgrade waste heat temperature from 90-100°C to 150°C and above.
Compared to Electrical Heat Pumps (EHP) and Absorption Heat Transformers (AHT),
Thermochemical Heat Transformer (THT) is a far less mature technology (Li et al., 2013; Wu et al.,
2017). However, THT could potentially tackle the issues of EHP and AHT by achieving high
temperature lifts with 1-stage heat driven system without any crystallization or corrosion issues (Li
et al., 2013). Furthermore, 2-salt technology (Figure 1a), also called resorption heat pump, allows a
reduction of the high-pressure lift occurring in AHT when high temperature lifts are sought (Yu et
al., 2008). In this case, the evaporator and the condenser are replaced by two reactors filled with a
so-called low temperature salt (LT salt). Salt/ammonia pairs have been extensively studied for THT
applications while there have been some evaluations of salt/methanol, salt/H 2O and salt/CO2 pairs
with encouraging results for the latter two (Yu et al., 2008). In such systems, a main issue is to
select the appropriate salt pair for given operating temperatures (T L, Tm & TH), to achieve high
performance.
Hence, the first objective of this paper is to perform a salt screening for industrial waste heat
upgrade thanks to a static thermodynamic approach. The second objective is to study the dynamic
behavior of the THT for pre-selected pairs. The model developed and validated for this purpose is
presented as well. Furthermore, it was chosen to focus on water as working fluid.

2.

STATIC THERMODYNAMIC APPROACH FOR SALT SCREENING

In this section, a static thermodynamic approach is used to perform a rapid screening of available
salt-H2O pairs (N’Tsoukpoe et al., 2014; Visscher et al., 2004). It is based on the following set of
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equations. Eq. 1 states the hydration equation of a salt (S) by a vapour (G). The reaction
equilibrium is given by Eq. (2), where peq is the equilibrium pressure at Teq as shown in Eq. (3).
Hydration
Upgraded heat
(QHT)

(Tm)
Dehydration
Waste heat
(
)

(Tm)

Dehydration
Waste heat
(
)

Hydration
LT sink
(QLT)

ΔTlift
ΔTlift max

TL=30°C TL max

a)

Tm

TH=150°C

TH max

b)

Figure 1: a) Working principle of a two-salt THT. b) Clapeyron diagram representation of the
operating areas during hydration and dehydration for the CaCl 2/SrBr2 pairs

𝐒 + 𝛎𝐆 = 𝐒′ + 𝝂𝚫𝒉𝟎𝒓
𝒑

𝝂

Eq. (1)
𝒑

𝝂

𝒆𝒒
𝟎
𝟎
𝚫𝒈𝒓 = 𝚫𝒈𝟎𝒓 + 𝑹𝑻𝒆𝒒 𝒍𝒏 ( 𝒑𝒆𝒒
𝟎 ) = 𝝂𝚫𝒉𝒓 − 𝝂𝑻𝒆𝒒 𝚫𝒔𝒓 + 𝑹𝑻𝒆𝒒 𝒍𝒏 ( 𝒑𝟎 ) = 𝟎
𝟎

𝒑𝒆𝒒 =

Eq. (2)

𝟎

∆𝒉
∆𝒔
−𝑹𝑻 𝒓 + 𝑹𝒓
𝟎
𝒆𝒒
𝒑 𝒆

Eq. (3)

For the sake of clarity, the work presented in this paper is focused on given heat source
temperatures representative of operating conditions suitable for heat upgrading in the industry. The
cold source temperature is chosen at TL = 30 °C, the waste heat temperature at Tm = 90 °C and a
high temperature source at TH = 150 °C.
As shown on Fig. 1a, during the regeneration phase (phase 1), waste heat at Tm is supplied to the
HT reactor and the LT salt is connected to a heat sink at TL. In order to allow simultaneously the
hydration of the LT salt and the dehydration of the HT salt, the operating conditions (vapor
pressure and temperature) of the LT reactor must be in the blue zone presented on Fig. 1b.
Therefore, this reactor has to be connected to a heat sink at TL < TLmax (i.e. the equilibrium pressure
of the LT salt at TL must be inferior to the equilibrium pressure of the HT salt at T m). In the case of
TL is superior to TL,max, the operating conditions do not allow the hydration of the LT salt and the
dehydration of the HT salt. At the end of this phase, the reactive LT salt is fully hydrated and the
HT salt is fully dehydrated.
During the temperature upgrade phase (phase 2), the LT reactor is connected to the waste heat at
Tm. In order to achieve the dehydration of the LT reactor and the hydration of the HT reactor, the
operating condition of the HT reactor must be in the orange zone of the Fig. 1b, thus the HT
reactor temperature must be inferior to THmax (i.e. the equilibrium pressure of the LT salt at Tm have
to be superior the equilibrium pressure of the HT salt at T H). Therefore, this phase allows to supply
heat at high temperature (TH). Finally, at the end of this phase, the reactive LT salt is fully
dehydrated and the HT salt is fully hydrated, requiring the beginning of a new regeneration phase.
From these considerations, a simple numerical tool was developed to perform a first selection for
LT and HT salts by checking whether the temperature conditions are satisfied (T L < TLmax and
TH < THmax). 77 pairs were identified from 66 initial reactions.
A second step to discriminate between possible pairs is to consider the achievable performance in
terms of COP and maximum temperature lift.
Using the thermodynamic considerations previously presented, neglecting heat accumulation by
the salts (heat capacities are low compared to reaction enthalpies) and assuming that there are no
heat losses, the theoretical maximal COP of the 2-salt THT is given by:
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𝑪𝑶𝑷𝒎𝒂𝒙 = 𝑸

𝑸𝑯𝑻
𝒎𝑳𝑻 +𝑸𝒎𝑯𝑻

= ∆𝒉𝟎

∆𝒉𝟎𝒓 𝑺

𝑯𝑻
𝟎
𝒓 𝑺𝑳𝑻 +∆𝒉𝒓 𝑺𝑯𝑻

Eq. (4)

With ∆ℎ𝑟0 𝑆 the reaction enthalpy of the salt n (in J/molv).
𝑛
The maximal temperature lift is achieved for adiabatic operation and therefore corresponds to the
theoretical maximum lift attainable by the HT salt during the temperature upgrade phase: THmax-Tm.
For the targeted high and waste heat temperatures (150 & 90 °C), a minimum temperature lift of
60 K is then required. To take into account the temperature pinches required in the HT reactor for
the heat transfer to occur in finite time, only pairs achieving a minimum temperature lift of 80 K are
considered on Fig. 2.

Couples HT Salt | LT Salt

Figure 2: Maximal COP versus theoretical maximal temperature lift, for TLT=30°C and Tm=90°C

From these results, 21 of the 77 promising reaction couples are kept. A large discrepancy between
ΔTmax values is observed, from 80 K to 125 K (for the CaCl2/CuSO4/H2O pair) with a COPmax
ranging from 0.39 to 0.52. Besides the static thermodynamic considerations, dynamic aspects
have also to be taken into account in order to estimate specific heating power.

3.

DYNAMIC MODEL

3.1 Governing Equation
Several modeling of solid/gas reactor, with different approaches (local, global) and complexity
levels (1/2D, stationary/dynamic, …) have been presented in the literature (Castaing-Lasvignottes
and Neveu, 1997; Nagel et al., 2016). Most of the reported works refer to cooling or heat storage
applications and only few models deal with THT applications, especially for those based on 2-salt
cycles.
Thus, from modeling approaches of a solid/gas reactor developed by Lebrun and Spinner (1990), a
simple and original model of 2-salt THT reactor has been developed in the frame of this work. It
should allow to study the dynamic behavior to estimate its performances, mainly heating capacity,
and temperature lift. The following assumptions are made:
a) Uniform temperature (TSLT and TSHT) and local thermal equilibrium between the gas and
solid phases is assumed in the reactors.
b) Heat accumulation in the gas phase and heat losses are neglected.
c) The heat capacities are considered constant during the reaction.
d) In closed thermochemical systems (working with pure gas), the mass transfer usually does
not limit reaction kinetic. Thus, the vapor pressure is assumed uniform inside the reactor.
e) The assumptions (a) and (b) imply that the salt reaction advancement (X S) is uniform in
each reactor. XS equals 0 when the salt is hydrated and 1 when is dehydrated
f) The kinetics of the solid/gas reactions depends only on the reaction advancement and on
the equilibrium drop. This drop corresponds to the difference of the operating temperature
and pressure to their value at equilibrium.
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3.1.1 Energy balance
According to assumptions (a), (b) and (c), the energy balances of the HT and LT salt reactors are
respectively written as:
𝑴

[𝒎𝑺𝒏 (𝟏 − (𝟏 − 𝑿𝑺 𝒏 )𝝂𝑺 𝒏 𝑴 𝒗 ) 𝒄𝑺𝒏 + 𝒎𝒆𝒙𝒄𝒉𝒏 𝒄𝒆𝒙𝒄𝒉𝒏 ]
𝑺𝒏

𝒅𝑻𝑺𝒏
𝒅𝒕

= 𝒒̇ 𝑺 𝒏 + 𝒎̇𝒉𝒕𝒇𝒏 𝒄𝒉𝒕𝒇𝒏 (𝑻𝒊𝒉𝒕𝒇𝒏 − 𝑻𝒐𝒉𝒕𝒇𝒏 )Eq. (5)

𝒒̇ 𝑺 𝒏 = −𝒎̇𝒗𝑺𝒏 ∆𝒉𝟎𝒓 𝑺 = 𝝂𝑺𝒏

with:

𝒅𝑿𝑺𝒏 𝒎𝑺𝒏

𝒏

∆𝒉𝟎𝒓 𝑺

𝒅𝒕 𝑴𝑺𝒏

𝒏

Eq. (6)

With 𝒎̇𝒗𝑺𝒏 the source (𝒎̇𝒗𝑺𝒏 > 𝟎 in dehydration phase) or sink (𝒎̇𝒗𝑺𝒏 < 𝟎 in hydration phase) of
vapor due the reaction of the salt n.
The outlet temperature of the heat transfer fluid is given by:
𝑻𝒐𝒉𝒕𝒇 =
𝒏

(𝑻𝒊 𝒉𝒕𝒇 −𝑻𝑺 𝒏 )
𝒏
𝑼𝑨𝑺 𝒏
𝒎̇𝒉𝒕𝒇𝒏 𝒄𝒉𝒕𝒇𝒏
𝒆

Eq. (7)

+ 𝑻𝑺 𝒏

3.1.2 Kinetics of the solid/gas reaction
According to the assumption (f), the reaction kinetic depends on the reaction advancement and on
the equilibrium drop. Mazet et al., (1991) have shown that it can write as a 1st order kinetic law:
𝒅𝑿𝑺𝒏
𝒅𝒕

= 𝒌𝒄𝒊𝒏𝑺𝒏 𝒀𝑺𝒏 (𝟏 −

𝒑𝒆𝒒 (𝑻𝑺𝒏 )
𝒑𝒗

)

Eq. (8)

where: 𝑌𝑆𝑛 = (1 − 𝑋𝑆𝑛 ) in hydration phase and 𝑌𝑆𝑛 = 𝑋𝑆𝑛 in dehydration phase.
3.1.3 Operating vapor pressure
The vapor operating pressure of the interconnected HT and LT salt reactors, p v, is defined such as
the vapor mass flow rate caught/released by the HT salt reactor is equal to the vapor mass flow
rate respectively released/caught by the LT salt reactor. Thus, using Eq. (6) and Eq. (8), the vapor
pressure writes:
𝒑𝒗 =

𝑨 𝒑𝒆𝒒

𝑺𝑯𝑻

(𝑻𝑺 𝑯𝑻 )−𝒑𝒆𝒒

𝑺𝑳𝑻

(𝑻𝑺 𝑳𝑻)

𝑨−𝟏

, 𝐰𝐢𝐭𝐡: 𝑨 = −

𝒎𝑺𝑯𝑻 𝑴𝑺 𝑳𝑻 𝝂𝑺 𝑯𝑻 𝒌𝒄𝒊𝒏 𝑯𝑻(𝟏−𝑿𝑺 𝑯𝑻 )
𝒎𝑺𝑳𝑻 𝝂𝑺 𝑳𝑻𝒌𝒄𝒊𝒏 𝑳𝑻𝑿𝑺 𝑳𝑻𝑴𝑺 𝑯𝑻

Eq. (9)

Note that in case of the kinetic coefficients of both reactive salts are equals and if the salts masses
are chosen in a balanced way (i.e. in a way that the overall of both reactive salts could react, cf. §
3.2), we have A = -1. Therefore, the operating vapor pressure is equal to the average of the
equilibrium pressure of each salt:
𝑝𝑣 =

𝑝𝑒𝑞

𝑆𝐻𝑇

(𝑇𝑆 𝐻𝑇 )+𝑝𝑒𝑞

𝑆𝐿𝑇

(𝑇𝑆 𝐿𝑇 )

2

Eq. (10)

3.2 Model Parameters
3.2.1 Reactor heat transfer coefficient (UA)
The global heat transfer coefficient of the reactor has been identified from experimental results of
Esaki et al., (2017) obtained with a prototype of THT using CaCl2/H2O as working pair. Although
UA depends on the reactor geometry and on the reactive material used, we will suppose in this
paper, that the change of the reactor scale and reactive material does not affect the heat transfer
characteristics. The following specific heat transfer coefficient has been evaluated:
𝑈𝐴𝑆 𝑛
𝑚𝑆 𝑛

= 131.36𝑒 −3.35𝑋𝑆 𝑛

Eq. (11)

3.2.2 Kinetic parameter
The kinetic constant, kcin, lumps the heat and mass transfers in the solid pores and the intrinsic
kinetics of the reaction. A value of 68.10-4 s-1 has been identified from an experimental hydration of
a THT using CaCl2 as reactive salt (Esaki et al., 2017).
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As shown by Michel et al. (2014), this value indicates that the kinetic is not the main limitation of
the thermochemical reaction. In the following, this constant value of k cin has been used for all the
studied working pairs.
3.2.3 Mass of salts
In order to avoid that one of the two reactive salts limits the reaction of the other one, the mass of
each salts should be chosen in a way that both reactive salts could totally react. Thus, each salt
must allow to catch (respectively release) the water vapor released (respectively caught) by the
other salt:
𝑚

𝑚

𝜈

𝑚

𝑚𝑣 𝐻𝑇 = 𝑚𝑣 𝐿𝑇 ⇔ 𝜈𝑆 𝐻𝑇 𝑀𝑆𝐻𝑇 = 𝜈𝑆 𝐿𝑇 𝑀𝑆𝐿𝑇 ⇒ 𝑚𝑆 𝐿𝑇 = 𝑚𝑆 𝐿𝑇 𝜈𝑆 𝐻𝑇 𝑀𝑆 𝐻𝑇
𝑆 𝐻𝑇

𝑆 𝐿𝑇

𝑆 𝐿𝑇

𝑆 𝐻𝑇

Eq. (12)

Temperature (°C)

Reaction advancement

3.3 Model Validation
The model has been validated using experimental results of a CaCl2∙2H2O THT prototype (Esaki et
al., 2017). Fig. 3 presents simulations that fit adequately to experimental results. The difference
between experimental and simulated reaction rates and outlet heat transfer fluid temperature is
rather low: at X=0.5, it is respectively of 9% and 0.5%. These results demonstrate that this simple
model predicts in a satisfactory way the thermal behavior of a reactor.

Time (s)

Time (s)

a)

b)

Figure 3: Experimental and simulated results of the hydration of the THT (A type reactor, (Esaki et al.,
2017)) a) Reaction advancement vs. time during. b) Outlet heat transfer fluid temperature vs. time.

4.

SALT SELECTION CONSIDERING DYNAMIC ASPECTS

In a real cycle an equilibrium drop must be considered in order to realize the thermochemical
reaction. This parameter influences the heat and mass transfer rates and therefore the reaction
kinetics (Mazet and Lu, 1998; Obermeier et al., 2015). Thus, any change in the operating
temperature (TL, Tm or TH) results in a change in the equilibrium drop and then in the reaction
kinetic. However, as indicated by Obermeier et al. (2015), the equilibrium drop is not an
independent parameter and equal values do not produce the same heat and mass transfer rates
for different reaction systems.
This parameter can be related to the chemical potential difference which represents the
thermodynamic driving force of the reaction. Usually, the greater the driving force, the greater the
reaction kinetic is. Under the assumptions of pure substances and ideal mixtures, the driving force
can be described by the Gibbs free energy of the reaction (Obermeier et al., 2015). Thus according
to the eq. (2) and (3) this parameter can be writes as:
∆𝐺

𝑝

𝐹𝑚 = 𝜈𝑅𝑇𝑟 = ln(𝑝 𝑣 )
𝑒𝑞

Eq. (13)

In order to take into account the thermal resistances inside the reactors of a 2-salts THT, the
reactor temperature must be evaluated for each reactor. Thus, assuming that the heat
accumulation is negligible compared to the reaction enthalpy, the eq. (6), (7) and (8) lead:
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𝑇𝑆𝑛 1 − 𝑒

−𝑈𝐴𝑆 𝑛 (𝑇𝑜ℎ𝑡𝑓 −𝑇𝑖 ℎ𝑡𝑓 )
𝑛
𝑛
𝑝𝑒𝑞 (𝑇𝑆𝑛 )
0
𝑘𝑐𝑖𝑛 𝑌𝑆𝑛 (1−
)∆ℎ
𝑟 𝑆𝑛
𝑝𝑣
𝑆𝑛

− 𝑇𝑜 ℎ𝑡𝑓 + 𝑇𝑖 ℎ𝑡𝑓 𝑒
𝑛

(

−𝑈𝐴𝑆 𝑛(𝑇𝑜ℎ𝑡𝑓 −𝑇𝑖 ℎ𝑡𝑓 )
𝑛
𝑛
𝑝𝑒𝑞 (𝑇𝑆𝑛 )
0
𝑘𝑐𝑖𝑛 𝑌𝑆𝑛 (1−
)∆ℎ
𝑟 𝑆𝑛
𝑝𝑣
𝑆𝑛

𝑛

=0

Eq. (14)

)

Thus, assuming a reaction advancement of 0.5, determining the vapor pressure using eq. (10) and
imposing a heat transfer fluid pinch (5°C for the HT reactor and 1°C for LT reactor), the
temperature of each reactor has been determined and then the reaction driving forces have been
evaluated.
Fig. 4 presents a comparison of the driving force of the hydration of the LT and HT reactors for
different reactive couples (i.e. a comparison of the driving force during the regeneration and the
upgrading temperature phases). A large discrepancy between Fm values is observed, from 0.001 to
0.35. However, promising reactive pairs are identified, as CaCl 2/Ca(NO3)2, CaCl2/SrBr2 and
CaCl2/K(OH). They present high driving forces whose values are close between each cycle phase.
This allows to avoid large reaction times gap between these phases.

Couples HT Salt | LT Salt

Figure 4: Driving force for the hydration of the LT salt versus driving force for the hydration of the HT
salt (for XSn=0.5, TL=30°C, Tm=90°C, TH=150°C, ΔThtf,HT=5°C and ΔThtf,LT=1°C).

5.

CYCLE PERFORMANCES

This part aims at analyzing the dynamic behavior and performances of a 2-salt THT. Three key
parameters allowing to define the performance of the system are studied: the system heating
power (during the upgrading phase), the COP and the temperature lift. The cyclic behavior of the
two LT and HT reactors is simulated with successive heating and cooling. The results are given at
cyclic steady state and optimal cycle time (maximum heating power).
5.1

Dynamic Behavior

a)

b)

Figure 5: Specific heat power and reaction advancement versus time of 2-salt THT operating with: a)
CaCl2/ Ca(NO3)2 working pairs. b) CaCl2/ BaCl2 working pairs.
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The dynamic behavior for CaCl2/Ca(NO3)2 and CaCl2/BaCl2 reactive couples is presented Fig. 5a
and b. Maximal specific heat power respectively of 325 W/kg and 300 W/kg have been reached
during the temperature upgrade phase, corresponding to average specific heat power of 49 W/kg
and 26.9 W/kg. Furthermore, due to the system regulation, the temperature and specific heat
power are not stable, especially during the temperature upgrade phase.
In agreement with the driving forces presented in the Fig. 4, the reaction advancement evolution
shows that the reaction kinetic of each phase is quite equilibrated for the CaCl2/Ca(NO3)2 THT,
while the temperature upgrade phase is much faster than the other phase for the system using the
CaCl2/BaCl2 couple (30 min instead of 1.5h). In this last case, the system performances are
therefore limited by the regeneration phase, especially due to the adverse operating conditions.
5.2 Sensitivity to Operating Temperatures
Simulations have been performed to study the sensitivity of the operating temperatures. Their
influence to the average specific heat power and the reaction driving forces is presented on Fig. 7.
The impact of the operating temperatures clearly depends to the driving force values. Thus,
although the diminution of TL increases the driving force associated to the generation phase, no
significant change of the specific heat power is observed. As contrary, the increase of TH (and then
of the driving force associated to the temperature upgrade phase) allows in a first time to
significantly increase the system performances. This is because in the reference case, the
temperature upgrade phase corresponds to the lower driving force value. This phase is therefore
the limiting phase, which is subject to the most unfavourable conditions on which it is necessary to
play in priority.
Other limitations, as the heat transfer or the kinetic reaction can impact the system performances.
However, this is out the scope of this paper. Note that in the studied cases, these parameters are
weakly limiting.

Average specific heat power (W/kg)

70

TL = 40 → 0°C

60
Reference case
50

Reference case

40
TH
THT
TLT
TL

30

Temperature (°C)

20
a)

TH = 160 → 110°C

T_m
Tm

0

20

40

60

80

100

120

140

160 b)

Figure 6: Impact of the operating temperatures. a) Evolution of the driving forces. b) Specific heat
power release during the upgrading temperature phase. Case of the CaCl 2/Ca(NO3)2 reactive couples.

6.

CONCLUSION

A screening of salt couples was performed to design a 2-salt Thermochemical Heat Transformer
for waste heat recovery. For the sake of clarity a representative case was considered with a low
temperature source at 30 °C, an intermediate at 90 °C and a high temperature source at 150 °C.
A first tool was developed to discriminate pairs using a static thermodynamic approach insuring
cycle feasibility. From the selected 77 pairs, 21 were kept considering a minimum requirement in
temperature lift. The last step was based on dynamic consideration (driving force) and allows to
identify three candidates: CaCl2/Ca(NO3)2, CaCl2/SrBr2 and CaCl2/K(OH).
Cycle operation was simulated for the most promising pair CaCl2/Ca(NO3)2. An average specific
heating power as high as 49 W/kg is achieved.
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NOMENCLATURE
c
heat capacity (J.kg-1∙K-1)
COP coefficient of performance (-)
Fm
Driving force (-)
kcin
kinetic constant (s-1)
M
molar weight (kg∙mol-1)
m
mass (kg)
𝑚̇
mass flow rate (kg∙s-1)
𝑚̇𝑣
sink or source of gas (kg∙s-1)
p
pressure (Pa)
𝑃𝑚
specific power (W∙kg-1)
𝑞̇
sink or source of heat (J∙s-1)
Q
heat exchanged (J)
R
ideal gas constant (J∙mol-1∙K-1)
T
temperature (K or °C)
UA
heat exchange coefficient (W∙m-2∙K-1)
X
reaction advancement (-)
Greek symbols
𝛥𝑔𝑟 free Gibbs energy (J∙mol-1s)
∆ℎ𝑟0 standard enthalpy of reaction (J∙mol-1v)

∆𝑠𝑟0
standard entropy of reaction (J∙mol-1v∙K-1)
𝜈
stoichiometric coefficient (molv/mols)
Indices
eq
solid/gas equilibrium
exch
exchanger
i
inlet
htf
heat transfer fluid
H
high temperature
HT
high temperature salt
L
low temperature
LT
low temperature salt
m
medium
max
maximum
n
HT or LT salt
v
vapor
s
salt
o
outlet
Exponents
0
reference
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ABSTRACT
A Danish manufacturer of tap water heat pumps has been producing appliances with HFC-134a for
more than two decades.
After the implementation of the EU ecodesign criteria and the EU energy labelling scheme for
water heaters in September 2015, the demand for heat pump water heaters has been increasing.
The interest in high energy classes and products using natural refrigerants is increasing as well.
Two sizes of new products have been developed; a small unit with a 166-liter water tank using 140
grams of R290 and a bigger unit with a 270-liter tank using 350 grams of R290.
This paper describes the construction of the heat pumps. Test results according to EN16147 are
also provided. Moreover, the paper describes a method to handle the R290 refrigerant with a
charge above 150 g. The method uses a ventilated enclosure in which the refrigeration system is
placed.
Keywords: Tap Water Heat Pump, Propane, Energy Efficiency, Ecodesign, Energy Label

1. INTRODUCTION
A Danish manufacturer of tap water heat pumps is producing around 10,000 units per year. Each
heat pump is filled with 0.9 kg R134a. The product heats tap water for sanitary purposes for a
family house and is equipped with a 270 l water tank.
This type of tap water heat pumps takes energy from exhaust air from e.g. a bathroom and makes
the ventilation of the house.
The price for HFC refrigerant has been rising very fast in the past because of the limited availability
caused by the EU F-gas regulation with phase down schedules and quotes. This is one of the
reasons why a new generation of tap water heat pumps with natural refrigerants was wanted.
1.1.

Aim of the project and the project organisation

The aim of the project was to:
• Develop and test a new generation with natural refrigerant
• To increase the efficiency
• To develop a product that is competitive and reliable.
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Figure
1a:
Photo
from
the
product
ion site
of tap
water
heat
pumps.
Figure
1b:
Drawin
g of the
tap
water
heat
pump.

Compr
essor
and
evapor
ator
(and a
fan)
are placed in the upper part. The condenser (point 13) is wrapped around the lower part of the
water tank. Cold tap water inlet is point 12. The warm tap water outlet is point 19. The appliance
can be delivered with two, one or no spiral pipes inside the tank. The spiral pipes can be used for
supplying solar heating and/or a heat exchanger for heating a (small) toilet floor.

Danish Technological Institute (DTI) was managing the project which also includes the
manufacturer of hot water heat pumps, a global producer of fans and a consulting company with
expertise in handling flammable refrigerants.
The project was started in January 2016 and finalized in October 2018.
The Danish Environmental Protection Agency (the “MUDP”-program) has been funding the project.

2. DEVELOPING AND TESTING PROTOTYPES
The first prototype was delivered for test at DTI in the summer of 2016, and the test was a little
disappointing. Analysis showed that liquid refrigerant droplets were going to the compressor
causing efficiency losses.
After the test of the first prototype, a lot of tests were done to minimize the charge of refrigerant in
the system by using smaller pipes etc. It was shown that it is possible to reduce the charge of
R290 to 150 grams by using “flat” condenser pipes and other improvements. But this also showed
to have an influence on the energy efficiency. The idea to use max.150 gram R290 was dropped,
and the aim for the refrigerant charge was to use a limited charge ensuring a high energy
efficiency.
At the same time is was decided to develop a new small model for flats and to use max. 150 grams
of R290 for this small model.
The second normal size prototype was installed with an internal heat exchanger and charged with
350 grams of R290. This model worked much better and had an efficiency of the same level as the
HFC based unit. It turned out that there was a problem with the control of the unit.
Therefore, a third prototype was built by the manufacturer and tested in an accredited laboratory at
DTI after EN16147:2017 and the “XL”-tap program.
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The result of the test is COP = 3.52 which is 12 % better than the R134a-model. The sound level
was measured to be within the EU Ecodesign criteria.
A small model was built by the manufacturer and was tested in the accredited laboratory at DTI
after EN16147:2017 at the “L” tap program, and the result is COP = 3,20 which is fine for such a
small machine. The sound level was measured to be within the EU Ecodesign criteria.
Both the normal size and the small model are in energy class A+ according to the EU energy
labelling regulation for water heaters.
The compressor is a NLU8.8 (8.8 cm3) for R290. The compressor for the small model is a DL6.5
(6.5 cm3) for R290.

3. STANDARDS AND RISK ASSESSMENT
Vonsild (ref 11 and 12) describes the standards covering small domestic heat pumps. Figure 2
shows the relation between these standards and the EU legislation. The relevant safety directive is
the Low Voltage Directive.
Low	
  Voltage	
  Directive

Most	
  relevant	
  
harmonized	
  standard

Derived from

Superseeded	
  by
Refers	
  to

Machinery	
  Directive

EN	
  60335-‐2-‐40:2003/
A13:2012/AC:2013	
  

IEC	
  60335-‐2-‐40:2002	
  with	
  
amendments
´IEC	
  60335-‐2-‐40:2016	
  Ed.	
  5.1
ISO	
  5149

Pressure	
  Equipment
Directive
EN	
  378

Good	
  alignment	
  with

EU	
  Directive

Figure 2: Relation between the standards and EU legislation.

Mechanical Ventilation Within the Appliance Enclosure
EN and IEC 60335-2-40 use the term “mechanical ventilation within the appliance enclosure” to
cover a box surrounding the refrigerating system which is ventilated through a ventilation duct to
the outside and prevents air from moving from the refrigerating system to the room outside the box.

Figure 3: Illustration of ventilated enclosure from IEC 60335-2-40.

The reason for using this ventilated enclosure is that leaking refrigerant is much less dangerous if
ventilated to the outside, and the system builder is rewarded by being allowed 5 times larger
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flammable refrigerant charges than would normally be allowed indoors in very large rooms. This is
enough to cover most heat pump applications.
To ensure that the refrigerant doesn’t leak out of the enclosure, the standards require that the
ventilation needs to create a negative pressure of at least 20 Pa, and the ventilation rate needs to
be high enough to remove the total refrigerant charge within 1 minute, but not less than 2 m3/h.
The ventilation needs to be monitored, and if the ventilation fails, then the compressor needs to be
switched of.
From a practical point of view, todays energy efficiency requirements make continuous ventilation
difficult. Even for sanitary hot water heaters and heat pumps doing heat reclaim where ventilation
air is feed through the heat pump, it can be difficult to maintain ventilation when heating is not
needed.
This leads to look at alternatives with a risk assessment for evaluating that the amount of
refrigerant charge is safe.
For ventilated enclosures the risk assessment approach can for instance be used if the required
ventilation rate or the required negative pressure cannot be achieved without too large an impact to
the energy efficiency or cost of the system.
3.1.

Risk assessment

The system contains 350 g of R290 refrigerant. It has a machinery compartment which houses the
compressor and evaporator, and a pipe coil which is wound around a vessel containing water to be
heated.
When the compressor runs there is a fan which pushes air from the machinery compartment out of
a ventilation outlet. The ventilation outlet is to be connected to a ventilation duct leading to the
outdoors.
From the machinery compartment also runs a pipe to a drain to transport compensated water
away. This pipe is fitted with a drain trap.
The electrical control box, which could potentially contain ignition sources, is placed outside the
machinery compartment. The cables are lead through holes in the machinery compartment, and
these holes are placed below the electrical control box.
Realistic worst case leak size
For simulating the consequences of leaked refrigerant, it is necessary to have values for the range
of leak sizes which are relevant. Both the largest foreseeable leak and the smallest leak which is
large enough to potentially create an intolerable risk.
The largest leak which is to be expected from the system has been estimated: Traditionally human
comfort systems have been assumed to be able to leak the entire charge in 4 minutes under worst
case conditions. Although this is much higher that what is usually possible to get out of a system.
But it was agreed to since there was consensus that it is highly unlikely that a leak gets any larger.
With a 350 g charge the leakage rate from a 4 minutes leak is 1,46 g/s.
Very small leaks do not present a risk. For instance, a very small closed volume of 5 m3 needs 190
g of R290 to have a whole room flammable, and with one air change per hour and only 350 g
R290, a flammable atmosphere can be maintained for less than 2 hours, after which the system
the system would be empty.
In the proposal for the 7th edition of IEC 60335-2-40 the highest leak, which is still small enough to
be safe, is calculated based on the historical acceptance of 150 g of flammable refrigerant,
combined with a leak at 2,2 m and the hole charge leaking in 4 minutes: (2,2m/0,6m) ×
(150g/240s) = 0,17 g/s. For lower heights than 2,2 m it is proposed to scale the leak down with
falling installation height, but not lower than 0,6 m.
A test evaluates whether this leak rate is safe for this specific application: A leak was created from
the system through a 0,2 mm diameter whole, which at 20 bar (equivalent to 60 C) would create a
leak of 0,17 g/s gas. The leak was at room temperature, but contained a mix of gas and liquid, so it
was probably larger than 0,17 g/s. However, the leak leads to 130 % of LFL in a 5 m2 airtight room
(with 2,2m to the sealing), indicating that the real “largest safe leak” may be a factor smaller than
0,17 g/s due to the installation in a very small room, but it is not a factor 10 lower. This means that
any leak taking more than 4 hours to empty the system is too small to worry about. Note that the
installation room is required to be somewhat greater than 5 m2, so the test does not directly show
that the system is unsafe.
The leaks that the manufacturer actually sees in the field are smaller than the 4 hour leak, except
for leaks occurring during transport. Leaks during transport occur in very large rooms or in the
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outdoors and do not present a risk. Although large leaks are not seen in the field, it is still prudent
to consider the effects if they should happen.
The tests supporting this report have all been done by simulating leaks into the machinery
compartment from a bottle of R290.
Leak testing
Several leakage tests were carried out with a leak into the machinery compartment. The flow
patterns of leaked refrigerant were investigated outside the machinery compartment by measuring
the concentration. Sometimes manually by moving the gas detector around.
Refrigerant concentration was measured at the electrical box multiple times during testing, and the
concentration never exceeded LFL and generally only started to increase after the leak started
mixing in the room. The concentration was also measured below the electrical box, and the
measurements clearly show that the refrigerant leaks from the machinery compartment through the
wire conduit holes below the electrical box behind the front cover of the heat pump. The leak flows
down from these holes and not up to the electrical box. The baffles behind the front panel force the
leaked refrigerant to exit through the holes in the front panel. This is a process driven by gravity
and it leads to an increasing refrigerant concentration at the floor.
The conclusion is that the worst case concentration will be at floor level. It is known that the
concentration at floor level is likely to be very even and that the electrical box is not where leaked
refrigerant flows or accumulates.
Leak in system with fan on and the outlet connected to the outdoors
This scenario is included in EN 378-2 as the concept of ventilated enclosure and in IEC 60335-240 as mechanical ventilation within the appliance enclosure. In both standards, 4,94 kg R290 is
allowed in these types of applications. More than 10 times the amount in the system covered by
this work.
If a leak happens, the air flow will force the leak refrigerant to the outdoors, where it will be diluted
below any hazardous levels.
To verify that the system will be safe when the fan is on at the lowest speed and the outlet is
connected to the outdoors, a test was carried out with the system in a 1 m2 tent: The system was
placed in a corner of the laboratory and a 1 m2 tent was created around the system. See figure 4
below.
The tent was made tight with duct tape, just as for the other tests in this report. However, a 10 x 10
cm hole was cut above the unit to allow make-up air to replace what the fan blows out of the
exhaust.
The air intake was deliberately placed above the unit since all tests and theoretical knowledge
show that leaked refrigerant will flow down and accumulate near the floor. Having the make-up air
come from above the unit is therefore seen as the worst case.
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2

Figure 4: System placed in a 1 m tent with the 10 x 10 cm air intake cut above the unit and the
exhaust pipe on the upper right. The box on the right is not associated with the test.

The concentration was measured at floor level while leaking 350 g R290 gas into the unit from a
bottle. In the first couple of minutes the gas is leaked at a rate equivalent to leaking all the charge
in 4 minutes, but after the 3rd minute the bottle was not able to keep the flow rate as the rapid
release requires liquid to boil in the bottle lowering the temperature and pressure in the bottle. This
causes the total leak to take 5 minutes, which is still much faster than any expected leak. The
concentration at floor level was measured every 15 seconds until the leak stopped, at which point
the concentration stopped increasing: The maximum concentration measured was 20 % of LFL at
floor level, showing that a small amount does leak out from the system, even with the fan on at
lowest speed. However, the amount is very small and not enough to cause a hazardous
atmosphere.
It should be noted that 20 % of LFL is equivalent to 7,6 g of R290 per m3, and in a 1 m2 room the
unit takes up the majority of the volume, leading to the conclusion that the amount of refrigerant
leaking out of the unit is just a few grams.
The conclusion is that the system will be safe in this scenario regardless of the room size.
Leak in system with fan off
If a leak occurs inside the machinery compartment when the fan is off, then the leak can get
through the cracks of the enclosure and flow to the outside.
When the fan is off, the compressor is also off, since the compressor is switched off before the fan.
This means that there are no moving parts or airflow inside the machinery compartment, therefore
no vibrations in the system to create a leak. The machinery compartment is encapsulated in a PU
foam shell which prevents mechanical impacts from the outside. This means that holes in the
refrigerating system can only occur through corrosion or stress caused by temperature variations.
The manufacturer has not seen this type of leak but has seen leaks through bad soldering
connections. These leaks are estimated to take 3-5 years to cause the system to leak enough
refrigerant to malfunction. Therefore, the leak rate is much too low to create a dangerous situation.
The lack of airflow means that a leak can flow to the outside of the unit and potentially create
flammable gas pooling at the floor.
To simulate a very small leak, a leak was created from the system through a 0,2 mm diameter hole
(0,03 mm3), and the refrigerant was leaked from the system through an on/off valve into the
machinery compartment. The room size was 5 m2 with a ceiling height of 2,2 m.
Two tests were conducted:
1) During the first test the leak created a haze in the machinery compartment, indicating that it
was a mix of liquid and gas leaking out and that it is most likely pure refrigerant at the inlet.
The haze could, however, also be oil mist from the lubricant of the system. During this test,
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the concentration at the floor reached a flammable level after 3 ½ minute and kept
increasing after that and topping at 130 % of LFL. The rapid increase of the concentration
at floor level also indicates that the refrigerant is in liquid state at the inlet of the leak hole,
because a liquid leak gives much higher mass flow than a gas leak.
2) The test was repeated with a small modification. The compressor was switched on for 5
minutes before the test to ensure that the leak would be refrigerant in gas phase. This also
heats the oil which reduces the amount of refrigerant being retained in the system when it
leaks. Also during this test, the concentration reached a flammable level at the floor. This
time after 7 ¼ minute and it kept increasing until topping at 124 % of LFL after 20 minutes
and falling below the lower flammability limit after 45 minutes.
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Figure 5: Plot of concentration at floor level in % of LFL from a refrigerant leak in a 5 m2 room.

Since the floor concentration will be equally distributed across the floor, and the room is only 5 m2,
increasing the room volume a little will scale the floor concentration down linearly. I.e. from the first
test a room of 1,3 x 5 m2 = 6,5 m2 can be expected to reach a floor concentration of 130 % / 1,3 =
100 %.
Based on these tests it is concluded that the system will be safe in this scenario if installed in a
room with at least 7 m2 area. It is however noted that the type of leak considered is hard to imagine
and never seen in practice, but the conservatism ensures safety.
Leak without drain trap
A test was conducted with a 4-minute leak, that is around 1,5 g/s, and the fan off. The tests show
that the leak is lead through the drain pipe down to the floor and creates a high R290 concentration
on the floor within seconds.
This allows the R290 to pool on the floor creating a flammable atmosphere. This is a situation that
should be avoided since dilution of the pool can be slow and there is a risk of ignition sources at
floor level. A drain trap is required to prevent leaks to lead to pooling at floor level.
A detailed report has been made with the risk assessment for the specific hot water heat pump
(Vonsild, 2018).

CONCLUSIONS
A new generation of tap water heat pumps has been developed and tested. A “big” model with 270
liters water tank has the energy efficiency COP = 3,52 which is 12 % better than the similar HFCmodel. This model uses 350 grams R290.
A “small” model for apartments with a water tank of 166 litters has been developed and tested,
and the energy efficiency is COP = 3,20. This model is charged with 150 grams R290.
Risk assessments for the big model tell us that the heat pump is safe in all reasonably foreseeable
scenarios, under the conditions that:
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The system installed in a 7 m2 room or larger, and
o common best practices are used during service as mandated by European
legislation, and
o a drain trap is installed, and
o installing the outlet duct is not required for the system to be safe.
Or, alternatively:
• The system is installed in a room of any size, and
o common best practices are used during service as mandated by European
legislation, and
o a drain trap is installed, and
o the fan is running continuously at the lowest speed or higher, and
o the outlet duct is installed.
•

The manufacturer is now working for commercialization of the two new products.
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ABSTRACT
This paper provides an analysis of a heat recovery scheme that collects waste heat from the London
Underground, a large potential source that produces significant amounts of heat throughout the year.
The heat is captured by an air-to-water heat exchanger located within a ventilation shaft of the
London Underground, then upgraded using a heat pump and used as a low carbon energy source
for a local district heating network. This work introduces some of the key aspects of the technical
design of this novel urban heat recovery and delivery system, as well as compares it to similar
solutions that recover heat from urban underground railways. The theoretical performance of the
system is evaluated and compared to the previous heating method used for the buildings supplied
by the network. This paper also provides recommendations for the implementation of future
installations for secondary heat recovery and reuse in cities.
Keywords Heat networks, heat pumps, low carbon heat, London Underground, waste heat recovery
1. INTRODUCTION
The United Kingdom has achieved significant reduction of Greenhouse Gas (GHG) emissions in
recent years, cutting them by 43% since 1990 (CCC, 2018), as a result of the Climate Change Act
(2008), which established a target to reduce carbon emissions by 80% of its 1990 baseline level by
2050. In order to keep track of the UK’s progress in tackling climate change, the Act also set carbon
budgets to be measured every five years. Despite having met its 1st (2010), 2nd (2015) and 3rd (2020)
carbon budgets, the UK will require much greater efforts if it is to meet the 4th (2025) and 5th (2030)
targets, especially from the heating and cooling and transport sectors, since the results to date can
be mainly attributed to the transformation of the power sector, which has achieved a considerable
reduction in the use of coal as an energy source and an increase in the use of renewable sources.
Approximately one third of carbon emissions and around half of the energy consumption in the UK
can be traced back to heating and cooling (BEIS, 2018a). Despite having a considerable impact in
energy consumption in Britain, very little of heating and cooling is provided with renewable energy.
In 2017, only 4.5% of heating in buildings came from low-carbon sources (CCC, 2018). Lack of
sustainable heating is also a problem at city level, with gas-fired boilers representing 90% of the
heating used in London, making a significant contribution to both the carbon footprint and the air
pollution in the city. Recent developments based on Combined Heat and Power (CHP) systems have
been introduced across the country as a cost-effective way of producing low-carbon heat. However,
as the national electricity grid decarbonises, the carbon savings relating to CHP are declining and
there is increasing evidence of their adverse impacts on air quality. The Greater London Authority
(GLA) (2018), has set the ambitious goal of London becoming zero carbon by 2050. Decarbonising
the heating sector will be crucial to achieve this target, as London’s 3.5 million homes produce one
third of the capital’s total GHG emissions and nearly three quarters of the energy consumed by
homes is used for space and hot water heating. Meanwhile, the energy used to power and heat
London’s workplaces accounts for approximately 40% of the city’s emissions, with 51% of that
energy being used for space and hot water heating (GLA, 2018).
2. HEAT NETWORKS
Heat networks, or district heating networks (DHNs), represent an interesting alternative to deliver
cost-effective low carbon heat. They are very flexible, being able to incorporate new buildings and
heat sources as the network grows, and are particularly attractive in densely populated urban areas.
DHNs also enable the use of different generating technologies to feed heat into the network, avoiding
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a lock-in to technologies that may become obsolete in future decades. It also permits multiple heat
sources to be used simultaneously in order to deliver heat to the network, providing a key mechanism
to allow a smooth transition from current fossil fuel based heat to future low carbon heat sources.
Nowadays only around 2% of the overall heating demand in the UK is met using heat networks
(BEIS, 2018a), whilst London has 6% of its energy requirements supplied via local networks (GLA,
2018). However, it is already possible to identify some governmental initiatives to promote the use
of low-carbon district energy within the UK. London, for instance, has already set a target of meeting
15% of its energy demand using district schemes and renewable sources by 2030 (GLA, 2018). It is
likely that DHNs will play a key role in this process, as they can accommodate any heat source of
sufficient temperature, enabling the use of waste heat sources to provide heating. The recovery of
waste heat involves capturing heat that would otherwise be rejected during a given process, such
as the heat that is generated during the operation of many urban infrastructures, e.g. sewage
systems, electricity substations and cables, data centres, and railway tunnels. This paper analyses
one such application for heat networks that will soon be operational in London, known as the Bunhill
Waste Heat Recovery System or Bunhill 2, an extension of the Bunhill Heat Network which involves
the recovery of waste heat from the Underground. The analysis entails comparing state-of-the-art
technologies that could be applied to recover heat from railway tunnels, as well as describing the
Bunhill system as a whole, its key components and expected performance.
3. HEAT GENERATION IN THE LONDON UNDERGROUND
As London is home to the world’s first metro system, with a network length of 402 km (45% in tunnels)
and 1.35 billion passengers per year (TfL, 2019), underground railways represent a particularly good
option for secondary heat recovery in the city. The Metropolitan Integrated Cooling and Heating
(MICAH) project investigated how the London Underground (LU) network remains relatively warm
in most locations throughout the year and that the system could also deliver cooling to the tunnels
when required (Davies et al., 2017). The Underground represents a great opportunity for waste heat
recovery, as the operation of the trains requires considerable energy, which ends up being degraded
and released as waste heat. Over 80% of the heat introduced into the network can be traced back
to mechanical losses, related to the running of the trains; mainly, braking friction and resistive losses
in the traction-control system, whilst the remainder can be attributed to commuters and station and
tunnel systems (Botelle et al., 2010). The London clay surrounding the tunnel walls, which is the
main heat sink, has gradually become heated, leading to higher temperatures for both the
surrounding soil and the air in the tunnels. By exploiting the opportunity to recover waste heat from
the Underground, it is also possible to deliver cooling to the tunnels, which is also beneficial.
4. WASTE HEAT RECOVERY FROM RAILWAY TUNNELS
A number of recent studies have addressed the potential to recover waste heat from railway tunnels,
focusing on different technologies that could be applied to effectively retrieve the energy that is
dissipated in the form of heat during the operation of underground trains. Botelle et al. (2010) showed
how groundwater based air handling units (AHU), using either seepage water or aquifer
groundwater, have already been applied to cool stations of the LU network. Seepage groundwater
is particularly interesting as over 30 million litres of water already need to be constantly pumped out
of the Underground network. Therefore, using it for cooling/heating represents an efficient solution
energy wise, as shown by Ampofo et al. (2011), who investigated the performance of a groundwater
cooling trial based on 3 fan coil units at Victoria station. Although the warmed water represents a
large potential source for waste heat recovery, this technology might be limited to use at station
platforms only, as the deep tunnels of the London Underground are too narrow to fit fan coil units.
Geothermal energy technologies, which are based on the capacity of the soil to store and provide
heat, have also been investigated as a means of recovering waste heat from underground rail
networks, resulting in innovative solutions that are both environmentally friendly and cost-effective.
Brandl (2006) and Adam and Markiewicz (2009) investigated how foundations and underground
structures, including tunnels, can be designed as thermo-active structures, enabling them to capture
heat from their surrounding environment. Brandl (2006) researched how absorber pipes could be
applied to bearing structures, such as bored piles, diaphragm walls and foundation slabs, in order
to capture waste heat from railway tunnels and stations in Vienna. Both Adam and Markiewicz (2009)
and Brandl (2006) also highlighted the potential of heat extraction based on absorber pipes attached
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to an energy geocomposite placed between the outer and inner linings of a tunnel. The geotextile
can also be connected to energy anchors, an important structural element that supports the tunnel
excavation and could be applied as a new energy active element. In Stuttgart, Germany, a similar
heat recovery trial was conducted on the city’s metro system, where absorber pipes were attached
to a geotextile and placed between the tunnel linings (Buhmann et al., 2016).
Nicholson et al. (2014) looked at the design of underground rail tunnels with absorber pipes
embedded within segments of the tunnel lining, providing cooling to the Crossrail tunnels in London
whilst harvesting waste thermal energy to heat nearby buildings. A similar system was proposed by
Barla et al. (2016), which numerically analysed the feasibility of developing an energy tunnel in Turin.
The proposed design also consisted of embedding pipes within the precast concrete lining and could
operate in cooling and heating modes. Tunnels designed in this way can achieve high heat extraction
rates, however, these technologies can only be applied to new underground railway developments
and are not suitable to recover heat from the existing deep tunnels of the LU network. Revesz et al.
(2019) proposed a different approach to recover the excess heat that is generated in railway tunnels
in London, suggesting the use of ground source heat pumps (GHSPs) connected to geothermal heat
exchangers (GHEs) to collect the heat that is conducted into the surrounding soil during the
operation of trains due to the heat sink effect. As for the Bunhill Waste Heat Recovery System, an
air-to-water heat exchanger will be applied so as to capture heat from a ventilation shaft within the
LU network. The technology and its operation will be further described in the following sections of
this paper. Davies et al. (2017) also investigated the potential to recover waste heat from ventilation
shafts, identifying the benefits of applying this technology to a different shaft of the network.
Table 1 – Potential technologies for waste heat recovery from underground railway tunnels.

Technology
Embedded
absorber pipes in
tunnel segments
Diaphragm and
energy pile walls
Energy
foundation slabs
Pipes attached to
geotextile
between tunnel
linings
Groundwater
used in platform
air handling units
Ground source
heat pumps
installed next to
tunnels
Heat exchangers
connected to
ventilation shafts

Location

Heat
Source
Medium

Heat Source
Temperatures

Heat Extraction
Rate

Service
Disruption

London,
UK

Air

17 to 36°C

7 to 30 W/m 2 of
tunnel surface area

High

Turin,
Italy
Vienna,
Austria
Vienna,
Austria
Stuttgart,
Germany
London,
UK

Air/
ground
Air/
ground

14°C
>20°C

Ground

>20°C

Air

6.5°C

Air

53 W/m2 of
tunnel surface area
30 W/m2 of
earth-contact area
10 to 30 W/m2 of
earth-contact area
20 W/m2 of
tunnel surface area

High
High
High
High

22 to 32°C

50 kW/unit

Medium

Low

Low

London,
UK

Ground

20 to 30°C

20 to 29 W/m of
borehole length
(depending on the
GHE configuration)

London,
UK

Air

20 to 28°C

900 kW/shaft

Reference
Nicholson
et al.
(2014)
Barla et al.
(2016)
Brandl
(2006)
Brandl
(2006)
Buhmann
et al.
(2016)
Ampofo et
al. (2011),
Botelle et
al. (2010)
Revesz et
al. (2016),
Revesz et
al. (2019)
Davies et
al. (2017)

Table 1 summarises a range of previously investigated technologies that involve waste heat recovery
from underground railway tunnels. The table also indicates the location where the technology was
implemented/simulated; the temperatures and medium considered for the heat source; the
calculated heat extraction rates; and the related risk of service disruption when installing each of the
technologies. It also includes references to the authors reporting each study. Regarding the “risk of
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service disruption” category in the table, a low risk means that the implementation does not hinder
or slightly affects the operation of the trains, while a medium risk represents the need for a partial
disruption of the transport service, and a high risk implies the need to suspend operation during the
installation of the related technology. As it can be seen in Table 1, extracting heat from ventilation
shafts represents a great opportunity, as significant heat can be extracted while keeping service
disruptions to a minimum.
5. THE BUNHILL HEAT NETWORK
The Bunhill Heat Network was an initiative from Islington Council, aimed at providing locally
produced cost-effective, low carbon heat for nearby housing estates and service buildings. The
project consists of two different stages: Bunhill 1, the original DHN launched in 2012, and Bunhill 2,
an extension to the existing heat network that will involve utilising recovered waste heat. The concept
for Bunhill 1 was to use a gas-fired CHP system, producing both electricity and heat, which is linked
to a heat distribution network in order to supply heating for the local community. The Energy Centre
for Bunhill 1 comprises a 1.9 MW e/2.3 MW th gas fired CHP and a 115 m 3 thermal store. The network
currently operates with flow and return temperatures of 95°C and 75°C, respectively.
In an effort to further expand the supply of low cost and low carbon heat to its residents, Islington
Council started to research potential extensions to the Bunhill Scheme, which led to the opportunity
of developing Bunhill 2, a waste heat recovery system based on heat capture from the London
Underground, implemented in a partnership with Transport for London (TfL) and the GLA. This
project is the first of its kind in Europe and is part of the EU CELSIUS Project, which aims to promote
the use of sustainable heating and cooling in European cities. The decision to use waste heat
sources is also related to the decreasing carbon efficiency of CHP systems due to the growing
decarbonisation of electricity in the UK. Bunhill 2 will collect heat from one of the shafts that constitute
the ventilation system of the Underground network. The heat will then be upgraded using a heat
pump before being transferred into the DHN, which will be extended to connect new buildings to the
new Energy Centre. The Energy Centre consists of the heat pump, a thermal store and two CHP
engines, which will be added to the system so as to provide resilience and flexibility to the heat
network. The development of Bunhill 2 will shed light on how London can become a truly smart city,
showing how DHNs and heat pumps can be fundamental in future smart energy infrastructures, both
at district and ultimately city levels, by allowing the capture of urban waste heat. As this paper aims
to research the novelty related to the system, only the Bunhill 2 network will be presented, focusing
on the first trial to recover waste heat from the London Underground.
6. THE OPERATION OF THE BUNHILL WASTE HEAT RECOVERY SYSTEM
The Energy Centre of Bunhill 2 is expected to meet an annual average heat output of 1,033 kW th,
with 780 kW of heat being recovered from the ventilation shaft and then upgraded by a two-stage
heat pump, which will add the remaining 253 kW to the heat that is delivered to end users through
the DHN. The two CHP units, each with an output of 237kW e/372kW th, will power the heat pump and
also add resilience and flexibility to the Energy Centre, although its output heat could be dumped if
not needed. A thermal store of 77.5 m 3 will also be installed in order to add flexibility, helping to
manage peak demand. The air that exhausts through the ventilation shaft has temperatures varying
from around 18°C to 28°C. Thus, the first water loop, which transports the heat from the vent shaft
to the heat pump, will also work with flow and return temperatures that vary according to the season
of the year. The expected operating flow and return temperatures vary from 11 to 18°C and 6 to
13°C, respectively. The heat will be then upgraded and distributed with a flow temperature of 75°C,
being returned to the heat pump at 55°C. Figure 1 shows a schematic of the Bunhill 2 heat network.
6.1.
Heat Exchanger
The first stage of the system involves capturing the heat using an air-to-water heat exchanger in the
City Road ventilation shaft. The heat exchanger used for this waste heat recovery system is a fan
coil unit. A head house, where the coils were installed, was built on top of the ventilation shaft, which
was upgraded to accommodate the variable speed reversible fan that enables the system to work in
both Extract and Supply modes. The benefits of operation in these two different modes have been
previously investigated by Davies et al. (2017) and consists of reversing the flow direction of the fan,
allowing the system to operate by either extracting hot air from the Underground, which can then be
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used to warm the water in the coils, or using ambient air, which would be cooled by the coils and
then supplied to the Underground, with the heat extracted being recovered by the heat exchanger.
Extract mode would be used during the colder months of the year, when the heat demand is at its
peak and the underground air is warmer. Supply mode would be used to supply cooling to the
Underground during the summer, when ambient temperatures are higher. Throughout the year, heat
can be collected at average temperatures between 17 and 25°C, which explain the varying flow and
return operating temperatures of the DHN. The coils have an annual average operating cooling duty
of 780 kW and consist of 6 modules with 6 rows of copper tubes, resulting in a total of 36 rows of
tubes - comprising the coil heat exchanger. The coils were built up in modules to make maintenance
simpler and minimise downtime for cleaning. Figure 2 shows a schematic of the ventilation shaft and
the head house, showing the coil heat exchanger and the reversible fan.

Figure 1 – Schematic of the Bunhill Waste Heat Recovery System.

Figure 2 – Schematic of the heat exchanger and the ventilation shaft of the Bunhill Energy Centre 2.

6.2.
Heat Pump
Before being delivered to the district heating network, the heat collected by the heat exchanger has
to be upgraded by a two-stage water-to-water heat pump, which was designed based on the flow
and return DHN temperatures of 75°C and 55°C, respectively. For district heating purposes, as the
evaporator and the condenser operate with a large temperature difference, deploying single-stage
heat pumps could lead to lower compression efficiency and decrease the overall system
performance (Kwon et al., 2013). Two-stage compression represents a more flexible system, being
able to operate at different capacities, and with greater efficiency. One advantage is that it allows
intercooling, which decreases the necessary work input to the compressors, delivering high
temperature lifts with a high Coefficient of Performance (COP) (Arpagaus et al., 2016). The flash
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intercooler also improves the efficiency of the system by allowing flash gas to be removed before
the refrigerant enters the evaporator, increasing its heat transfer rate. The two-stage heat pump
installed at Bunhill 2 operates differently according to the season of the year, due to the varying
temperatures of its heat source. Table 2 shows the design parameters of the two-stage heat pump.
The refrigerant used in the heat pump is R717 (ammonia). The low stage includes a compressor
that can run at a wide range of capacities in order to accommodate the variation in ventilation
temperatures exhausted from the LU shaft. The high stage includes two compressors, which can
also accommodate varying capacity, while maintaining the desired outlet water temperature at 75°C.
The heated water from the first water loop will deliver heat to the heat pump’s evaporator, with an
approach temperature (ΔT) of 5°C, however, the cooling duty increases slightly, as higher
temperature water enters the evaporator, to between 778 kW and 784 kW, with an annual average
of 780 kW. By varying the cooling duty, the power input to the compressors can be minimised without
compromising the design outlet temperatures. This results in higher COPs as cooling duty is
increased, with an annual average COP of 3.76. The heat pump includes a heating circuit with 5
shell and plate heat exchangers, which are the flooded evaporator, a condenser, a subcooler and
two desuperheaters. Figure 3 shows a schematic of the two-stage water-to-water heat pump
installed at the Energy Centre of the Bunhill 2 heat network.
Table 2 – Design parameters for the two-stage ammonia heat pump installed at Bunhill 2.

Design Parameters
Cooling Duty - Qe (kW)
First Loop Water Flow Temp. (°C)
First Loop Water Return Temp. (°C)
Heating Duty - Qc (kW)
Estimated Shaft Power (kW)
Estimated Electrical Consumption (kW)
Cooling COP
Heating COP

Operating Mode 1
778
11
6
1042
264
286
2.72
3.64

Operating Mode 2
780
13
8
1033
253
275
2.84
3.76

Operating Mode 3
784
18
13
1012
228
248
3.16
4.08

Figure 3 – Schematic of the two-stage heat pump of the Bunhill Energy Centre 2.

6.3.
Thermal Storage
In order to provide flexibility, a thermal storage tank filled with 77.5 m 3 of water will be installed at
the Energy Centre. Storing thermal energy is crucial to manage peak demand, securing the reliability
of the system when it is most requested. The thermal store also avoids short cycling of the heat
pump, enhancing its efficiency, since frequent start/stop operation can harm the system and increase
its need for maintenance.
6.4.
Heat Distribution Pipework
The heat distribution network will have an approximate length of 2.4 km and will utilise two parallel
insulated pipes, for the flow, i.e. heat delivery, and return water streams. Water will leave the heat
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pump outlet at a design flow rate of 37.2 kg/s. The network has different pipe diameters, varying
from DN 80 for local building connections to DN 250 for the main flow/return pipes, which distribute
the heated water from the heat sources to local circuits, which feed one or more buildings connected
to the network. The scheme is expected to provide heating to 455 dwellings in 5 building blocks of a
local housing estate and to a primary school. A new mixed use building complex that is currently
being developed will also be connected to Bunhill 2, adding to the network 720 residential units, a
160-bed student accommodation and a 125-bed hotel, as well as areas for offices, retail and
restaurants as new end users. The expected annual heat demand of the network is 11,358 MWh.
7. BENEFIT ANALYSIS
In order to assess the benefits of this new waste heat recovery system in terms of carbon and cost
savings, a spreadsheet based model was developed and used. The method aims to provide a highlevel appraisal of the system’s benefits based solely on energy input costs and carbon emissions
related to heat delivered from the heat pump, and does not include any other operational costs, such
as for staff support and maintenance. The analysis compares a scenario where all the heat demand
is met by the heat pump to the previous heating method based entirely on communal gas boilers.
The calculations were based upon a 25-year design life (2019-2043) and the following assumptions:
gas boiler efficiency of 80% for the previously used boilers (BRE Group, 2018), carbon factors of
0.184 kgCO2e/kWh for gas and 0.145 kgCO2e/kWh for electricity, based on the averages of annual
projections for the design life of the system (BEIS, 2018b), fuel tariffs of 3.89 p/kWh for natural gas
and 14.22 p/kWh for electricity, considering the average values of central annual projections for
public sector tariffs during the design life of the project (BEIS, 2018b), and distribution losses of 10%
related to the primary heat network fed by the heat pump. The results of the analysis can be seen in
Table 3, which shows that a heat pump based system results in yearly carbon savings of 2,133
tCO2e, a decrease of 82% in emissions, demonstrating how waste heat recovery could reduce the
carbon footprint associated with heating. This is due to the high energy efficiency of heat pumps and
similar carbon factors for natural gas and electricity, which has considerably decarbonised in the UK
in recent years. The cost analysis demonstrated how heat pumps can lead to annual savings of
£79,778 or 14%, indicating how waste heat recovery systems can be financially attractive.
Table 3 – Calculated annual carbon and cost savings for a heat pump based heat recovery system.

Technology
Gas Boilers
Heat Pump
Technology
Gas Boilers
Heat Pump
Technology
Gas Boilers
Heat Pump

Efficiency/COP
80%
3.76
Carbon Factor
(kgCO2e/kWh)
0.184
0.145
Energy Tariff
(p/kWh)
3.89
14.22

Energy Consumption
Heat Demand (MWh)
11,358
Carbon Savings
Emissions (tCO2e)
2,615
482
Cost Savings
Costs (£)
552,283
472,505

Annual Energy Spent (MWh)
14,198
3,323
Annual Savings
(tCO2e)
%
2,133

82%

Annual Savings
£
%
79,778

14%

8. CONCLUSIONS
The results obtained show the importance of investing in waste heat recovery systems, as they can
lead to significant carbon savings compared to conventional heating methods and could become a
key technology in minimising climate change, especially as electricity is expected to keep on
decarbonising in the coming years. Despite leading to operational cost savings, the conducted
economic assessment did not consider the capital costs related to heat pumps or the utilisation of
the other heat sources within the Energy Centre, which can impact the overall financial performance
of the scheme considerably. Even though the costs of implementing district scale heat pumps are
known to be high, it is anticipated that they may become more attractive in the near future. As their
deployment becomes more popular, the capital costs related to waste heat recovery tend to become
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lower. In addition, as natural gas reserves diminish over the next decades and possible new carbon
taxes are introduced, gas prices are likely to rise, making heat pumps a viable alternative for heating.
Further studies on the Bunhill Heating Scheme will be undertaken as part of a PhD project, which
will study the overall system particularly with regard to its technical and financial performance. Bunhill
2 is expected to become operational in 2019. The study will involve investigating the network
components and their performances in detail, comparing the design performance with the actual
operation of the system. The benefits of the system will also be looked into in more detail, considering
seasonal variations, capital costs and other operational costs and issues, as well as any other
challenges that might be encountered after Bunhill 2 starts running.
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ABSTRACT
Many industrial processes require both cooling and heating of process streams. The use of a cogeneration heat pump system enables the simultaneous production of both utilities within one single,
electrically driven unit.
Within this work, the addition of a tank system at the hot end of different heat pump systems was
investigated. The tank system consists of a stratified storage tank for the storage of hot water and a
smaller charge tank, which allows for multiple circulations of the water through the condenser. This
leads to a gradual heating of the water, leading to a higher COP compared to heating in one step.
Using numerical modelling and simulation, a screening was carried out investigating the influence of
different working fluids and heat pump configurations, different temperature glides in the heat sink
and different temperature lifts on the performance of the heat pump system. The largest
improvement, compared to a conventional heat pump, was achieved with a one-stage heat pump
with R600a, increasing the COP by 35 %.
Keywords: Heat pump, COP, Energy Efficiency, Working Fluid, Tank.

1. INTRODUCTION
Many countries aim to reduce the use of fossil fuels. The long-term Danish energy policy aims for a
fossil fuel free society by 2050. This includes all sectors, including the heating and transport sector.
Bühler et al. (2016) conducted an energy and exergy analysis of the Danish industry sector. The
results show potentials for reduction of fossil fuel use and exergy losses through waste heat recovery
and the use of alternative technologies.
Heat pumps (HPs) allow for an efficient, fossil fuel free production of heat, when using electricity
from renewable energy carriers like wind and solar. Additionally, HPs allow for process integration
by using waste heat streams, which have to be cooled down, while heating another stream at a
higher temperature level. The cooled stream could be a warm stream, which is cooled down to
ambient conditions before releasing it to the environment. It could also be a stream used for cooling
purposes within the same process.
Units, providing heating and cooling capacity are referred to as co-generation HPs. The efficiency of
such units is limited due to the high temperature lift between the cold and hot process water. In order
to improve the efficiency of these systems, different cycle configurations, working fluids or new
system designs can be used. One interesting approach is serial or gradual heating of water. Gradual
heating leads to lower condensing temperatures on average and hence to higher coefficient of
performance (COP) compared to heating in one step with conventional heat pumps.
Wang et al. (2010) conducted a comparison between a one-stage cycle, a two-stage cycle with
intercooler and serial heating by two serial, one-stage HPs. The results show that below a specific
temperature lift, the two-stage cycle achieves the highest COP, while the a configuration with two
HPs in series is the most efficient above the threshold. Ommen et al. (2015) investigated the
technical and economic feasibility of serially connected industrial HPs. It is shown that serial
connection of two or three HPs leads to higher COPs and lower net present values (NPV) compared
to one single HP.
Serial heating can also be realized by using storage tanks instead of several HPs in series. This
approach is presented by Rothuizen et al. (2014) and Olsen et al. (2015) termed the ISEC concept
and by Löffler and Griessbaum (2014) termed the trapezoid cycle. In both concepts, two storage
tanks are used, where one tank is charged gradually, until it is fully charged with water of the wanted
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supply temperature. In the meanwhile, the second tank is discharged, delivering hot water to the
process from the top of the tank, while colder return water is filled into the bottom of the discharge
tank.
The ISEC concept shows an improvement potential of up to 25 % in COP compared to a conventional
HP, where a one-stage HP working with ammonia (R717) was used to heat water from 40 °C to 80
°C with an evaporation temperature of 22 °C (Rothuizen et al., 2014). The ISEC concept was
furthermore tested experimentally, investigating the performance of the HP and the stratification in
the storage tanks (Rothuizen et al., 2015 and Olsen et al., 2016).
Experimental investigations of the trapezoid cycle show COP improvements of 10 % - 50 % for water
inlet temperatures at the condenser between 12 °C – 37 °C. The supply temperature of the hot water
and the inlet temperature to the evaporator were kept constant at 42 °C and 10 °C, respectively. A
one-stage HP using R134a was used for the experiments (Löffler and Griessbaum, 2014).
In this work, a system similar to the described systems using storage tanks was investigated. The
main difference of the new system to the ones proposed by Rothuizen (2014) and Löffler (2014) was
a different setup of the storage tanks.
In the previous works investigating gradual heating, only specific cases using specific HP
configurations, working fluids, temperature sets etc. are considered. The aim of the screening is to
reveal which of the investigated parameters mainly influence the possible performance
improvements through gradual heating, and to identify the most promising system setups and system
boundaries. The screening considered different heat pump configurations, different working fluids
and different temperature sets.

2. METHODS
In the following sections, the new design is introduced, different HP configurations used for the
screening are shown, the modelling strategy and the models of the different components of the
systems are described and the assumptions for the different screening cases are explained.

Figure 1: Principle sketch of the system. The green dashed line at the hot side denotes the flow
during the charging process of the charge tank and the red solid line the one during discharging

2.1.

The Concept

The main novelty of the proposed system is the tank setup, shown in Figure 1. Instead of using two
tanks of the same size, one smaller charging tank and a bigger storage tank are used. This setup
introduces two advantages compared to the previously described systems with two charging tanks
of the same size. Firstly, the new system requires less three-way valves than the ISEC concept,
which will reduce the investment costs. Secondly, many existing HP systems for industrial processes
already use buffer tanks in order to compensate for varying heat loads over time. These tanks can
be used as storage tanks for the new system. This allows for increasing the efficiency of existing HP
systems by adding only one smaller charge tank, reducing the investment costs compared to the
ISEC concept.
In Figure 1, the two different operation modes of the tank system at the hot side are depicted. The
green dashed lines show the water flow during the charging process of the charge tank. In this
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period, colder water is taken from the bottom of the charge tank, heated in the condenser of the HP
and the hot water is returned to the top of the charge tank. In the meanwhile, hot process water at
the required supply temperature is delivered to the process from the top of the stratified storage tank.
The cold water returning from the process is fed to the storage tank at the bottom in order to insure
stratification within the tank. When the charge tank is filled completely with water at the required
supply temperature, the operation mode is switched to discharge the charge tank. This is shown in
Figure 1 with red solid lines. In this mode, the return water from the process flows together with water
from the bottom of the storage tank to the condenser of the HP. The heated water is then fed to the
bottom of the charge tank. This leads through the stratification within the charge tank that the hot
water at the top is supplied to the process. A part of the flow goes into the storage tank in order to
refill it. When all the water at supply temperature has left the charge tank, the charging process of
the charge tank starts again.
2.2.

Heat Pump Configurations

This work aims at the investigation of the influence of different factors on the improvement potential
though gradual heating. One of these factors is the HP configuration. In Figure 2, the investigated
HP configurations are depicted.
In Figure 2, left, a simple one-stage cycle consisting of an evaporator, compressor, condenser and
throttling valve is shown. The condenser is divided into two separated heat exchangers for
desuperheating and condensation. This division is connected to the modelling approach, as
explained in the following sections. The technical realization can be both, in two separate heat
exchangers or one component for the whole process.
Figure 2, middle shows a one-stage cycle with regeneration heat exchanger (RHE), often called
liquid-suction or internal heat exchanger. This component is often used for refrigeration or heat pump
cycles with HFCs, hydrocarbons or similar working fluids.
A two-stage cycle with open intercooler is depicted in Figure 2, right. This setup is commonly used
for refrigeration or heat pump cycles with large temperature lifts. It allows for an increase in efficiency
and for higher pressure ratios between the evaporation and condensation pressure.

Figure 2: Different heat pump configurations examined in this work. Left: simple one-stage cycle.
Middle: one-stage cycle with regeneration heat exchanger. Right: two-stage cycle with open
intercooler

2.3.

Modelling Strategy

For this work, a robust model for quick calculations of different cases was built. With the system,
water was heated gradually in N circulations from a defined return temperature to a defined supply
temperature. From a model-point-of-view, the first circulation was seen as a design circulation. For
the first circulation, the minimum temperature differences in the evaporator and the condenser and
quality of the working fluid between the condenser and desuperheater were defined. From these,
the UA-values of the three heat exchangers were derived and kept constant for the following
circulations. The UA-value of the RHE was determined by fixing the heat exchanger effectiveness
during the first circulation.
The compressors were working at constant displacement during all circulations and the water mass
flow through the condenser and desuperheater was also kept constant. The constant water mass
flow rate allowed for an equal time period of each circulation. For the energy balance of the HP, one
degree of freedom is required for the heat input from the heat source at the cold side. Here the return
and supply temperatures were set constant, leading to the water mass flow to be variable between
the different circulations. The ratio of displacement between the low- and high-stage compressor for
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the two-stage cycle was determined by defining the intermediate pressure at the intercooler with the
geometrical mean value, calculated as the square root of the product of evaporation and
condensation pressure.
2.4.

Component Models

As shown in section 2.2, all HP cycles consist of the following components: compressors, heat
exchangers, throttling valves, intercooler (if applicable). All components were modelled based on
steady state mass and energy balances. Heat losses in all components were neglected. The
compressors were modelled by volumetric and isentropic efficiency. For both efficiencies,
polynomials in dependency of the evaporation and condensation temperatures were used. The
throttling valves were modelled as isenthalpic processes. The heat exchanger models were based
on the logarithmic mean temperature difference (LMTD) and a constant UA-value. In order to
calculate the UA-value of the evaporator and the condenser, the minimum temperature difference
between water and working fluid within the heat exchanger was fixed. In the evaporator, the minimum
temperature difference was found to be between the outlet temperature of the water and the
evaporation temperature of the working fluid. The condenser was divided into two heat exchangers,
one for desuperheating of the working fluid and one for condensation, as shown in Figure 2. A UAvalue for each of the two heat exchangers was determined. The minimum temperature difference
was found to be between the condenser and the desuperheater. Additionally, the inlet quality to the
condenser was fixed. In this work, no subcooling of the working fluid within the condenser was
included. The size of the RHE was determined by fixing the heat exchanger effectiveness, which
describes the ratio between the transferred heat over the theoretical maximum heat transfer. The
open intercooler was completely determined through the mass and energy balances. Complete
interstage cooling within the intercooler was assumed, meaning that the outlet quality of the vapour
going to the high-stage compressor was set to one.
The tank system was modelled by quasi-static mass and energy balances. Further, we assumed
both - charging and storage tank, to be ideally stratified, i.e. without mixing of layers and heat transfer
between layers and through the tank walls. In order to account for the increasing energy consumption
of the water pump with increasing water mass flows, a simple pump model based on a constant
pressure loss within the condenser, the water volume flow and a constant isentropic efficiency was
used.
2.5.

Test Cases for Screening

In this work, different screenings were conducted. The first screening investigated the performance
of the system for different working fluids and cycle configurations for different numbers of circulations
per charging cycle of the charging tank. For this screening, cold water was cooled from 20 °C to
10 °C while heating water from 20 °C to 60 °C at the hot side. The number of circulations was varied
from 2-15 and then compared to the direct heating HP without a tank system. The examined working
fluids were R134a, R290, R600a and R717. For all working fluids, calculations with a simple onestage HP were conducted. For R717, a two-stage cycle with open intercooler and for the other
working fluids, a one-stage cycle with RHE were investigated additionally.
In the next screening, the influence of the temperature glide in the heat sink was examined. The
temperature glide in the heat sink is defined as the difference between the return and supply
temperature on the hot side. For the variation, the supply temperature was held constant at 60 °C,
while the return temperature was varied from 20 °C to 55 °C. The temperature of the heat source
was kept constant.
Finally, the influence of the temperature lift was examined by varying the hot supply temperature
between 40 °C and 80 °C while keeping the temperature glide in the heat sink at 20 K. The
temperature lift of the process is defined as the difference between the supply temperature and the
return temperature of the cold water. By keeping the cold side at the supply temperature of 10 °C
and a return temperature of 20 °C, temperature lifts of 20 K to 60 K were investigated.
For the cases using ammonia (R717) as a working fluid a flooded evaporator was modelled,
assuming a vapour quality of x=1 at the inlet of the (low-stage) compressor. For other working fluids,
a direct expansion evaporator with a compressor suction superheat of 5 K was modelled. The
operating limits for the compressors were defined with maximum compressor discharge
temperatures of 180 °C (Ommen et al., 2015).
In the design run of the evaporator and the condenser, pinch point temperature differences of 5 K
were used. The RHE effectiveness was fixed to 0.6. For the calculation of the power consumption of
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the hot water pump, a pressure drop in the condenser of 0.5 bar and an isentropic efficiency for the
pump of 0.8 were assumed.
For the cycles working with R717, compressor data from Sabroe were used. For the other working
fluids, a compressor from GEA Bock were used. The names of the compressors are shown in Table
1 together with the previous explained assumptions. The data for the fitting of the compressor
polynomials were taken from Johnson Controls Denmark (1985-2019) and IPU (2008-2015) for the
Sabroe- and Bock-compressors, respectively.
Table 1: Fixed input variables for heat pumps and water pump

Working fluid
Compressor suction superheat [K]
Max. discharge temperature [°C]
Pinch point temperature difference [K]
Regeneration heat exchanger
effectiveness [-]
Water pressure drop in condenser [bar]
Pump isentropic efficiency [-]
Compressor model (one- and high-stage)
Compressor model (low-stage)

R717
0
180
5
-

R134a, R290, R600a
5
180
5
0.6

0.5
0.8
Sabroe HPX-708
Sabroe SMC-112L

0.5
0.8
Bock EX-HG 12P/60 4S
-

3. RESULTS
This section presents the screening of the HP system using storage tanks for gradual heating. The
boundary conditions for the screening were presented in the previous section.
3.1.

Working fluid and heat pump configuration

In the first screening, the influence of the working fluid and the HP configuration on the COP of the
system was examined. Figure 3, right, shows the COP of the conventional HP as coloured columns
for different working fluids and HP configurations. As seen, changing the HP configuration from onestage to two-stage or including a RHE leads to an improvement in COP for each working fluid. The
boxes on top of the columns show the range of COPs, when using the tank system for gradual
heating with different number of circulations of water through the charge tank until it is completely
charged.

Figure 3: Left: Improvement in COP compared to conventional heat pump for different working fluids
and heat pump cycles. Right: Coloured column depicts COP of conventional heat pump, box on top
the range for different numbers of circulations during charging

Figure 3, left, shows the improvement of COP compared to a conventional HP for different working
fluids and HP configurations and different numbers of circulations per charging cycle of the charge
tank. The solid lines denote the improvement when using a simple one-stage HP and the dashed
lines for two-stage HPs or with a RHE. It may be seen that the use of the tank system leads to bigger
improvements for the simple one-stage HP configuration than for the other configurations. The
difference in improvement between one-stage and two-stage HPs is smaller than between the onestage HPs with and without RHE. It is also visible, that different working fluids show different
behaviour. The biggest improvement in COP was achieved for a one-stage HP with R600a, with an
improvement of up to 35 % and a minimum improvement for two circulations per charging cycle of
18 %.
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3.2.

Temperature Glide in Heat Sink

As a second parameter, the temperature glide in the heat sink was examined. Figure 4, left, depicts
the maximum improvement in COP compared to a conventional HP for different temperature glides
in the heat sink, working fluids and HP configurations. The values for a temperature glide of 40 K
correspond to the maxima of the curves in Figure 3, left. It may be seen that the maximum
improvement decreases with decreasing temperature, reaching an improvement of only 1.2 % for a
one-stage HP with R600a and no improvement for a temperature glide of 5 K for a two-stage HP or
RHE with R717 or R290 and R134a respectively.

Figure 4: Left: Improvement in COP for varying temperature glide in heat sink. Right: Number of
circulations with maximum COP for temperature glides of 10, 20, 30 and 40 K.

Figure 4, right, shows the optimum number of circulations per charging cycle for temperature glides
of 10 K to 40 K in steps of 10 K. The fourth column of each working fluid and HP configuration shows
the location of the maximum in Figure 3, left. It may be seen that the location of the maximum moves
to lower numbers of circulations for decreasing temperature glides.
3.3.

Temperature lift

The final screening investigates the influence of the temperature lift on the performance of the novel
HP system. Figure 5, left, shows the maximum improvement in COP for different temperature lifts of
20 K to 60 K. The results with a temperature lift of 40 K coincide with the data for a temperature glide
in the heat sink of 20 K in Figure 4, left. The data for the one-stage HP with R717 are shown only for
temperature lifts of 20 K to 40 K. For higher temperature lifts, the discharge temperature exceeds
the maximum allowed temperature of 180 °C. The highest improvement in COP was found for a onestage cycle with R290 at a temperature lift of 20 K with 17 %. For temperature lifts above 20 K, the
biggest improvement is achieved with a one-stage with R600a.

Figure 5: Left: Improvement in COP for varying temperature lifts. Right: Number of circulations with
maximum COP for temperature lifts of 20, 30, 40, 50 and 60 K

For all investigated cases, the increase in temperature lift leads to lower maximum improvement.
However, the slope of the curves shown in Figure 5, left, differs between the cases. While the curves
of R717 and R290 are steeper at lower temperature lifts for all HP configurations, they are close to
linear for R600a and R134a in a one-stage HP with RHE and for simple HP the get steeper with
increasing temperature lifts.
Figure 5, right, shows the location of the maximum for temperature lifts between 20 K to 60 K in
steps of 10 K. It shows some differences between the cases. For a one-stage cycle with R600a, the
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number of circulations for the maximum improvement in COP increases with increasing temperature
lifts. For a one-stage cycle with R134a, it remains constant at seven circulations and for all other
cases it decreases with increasing temperature lifts.
Figure 6 shows the COP at different temperature lifts of a one-stage and two-stage cycle with R717
for a conventional HP and the novel system using storage tanks. As in Figure 5, left, the data for the
one-stage cycle are shown only for temperature lifts of 40 K or lower, due to the limitations in the
discharge temperature. As expected, all COPs decrease with increasing temperature lifts and the
COP of a conventional one-stage HP is lower than the one of a conventional two-stage HP. As seen
in the previous screenings and also in Figure 5, left, the introduction of the tank system leads to a
bigger improvement for the one-stage cycle than for the two-stage cycle. In this case, this leads to
higher COPs for a one-stage configuration with storage tanks than for a conventional two-stage HP
for temperature lifts below 35 K. For a temperature lift of 20 K, the COP of the one-stage cycle with
tanks of 6.48 reaches almost the COP of the two-stage HP with tanks of 6.66.

Figure 6: COP of one-stage and two-stage cycles with and without tank system with R717 for
different temperature lifts

4. DISCUSSION
The conducted screenings showed the improvement potential of the novel storage system for
different working fluids and HP configurations. However, the numerical results depend on the
assumptions made for the calculations. A big influence derives from the choice of the compressors.
Choosing another compressor would lead to different isentropic and volumetric efficiencies and thus
for different COPs. Another influential factor are the assumptions for the electricity consumption of
the water pump, i.e. the pressure drop in the condenser and the pump isentropic efficiency. Changing
these values would change the maximum achievable improvement and the optimum number of
circulation per charging cycle.
The assumption of constant UA-values of all heat exchangers after the design run was made for
increasing the robustness and speed of the model. However, the varying mass flow rates of the
working fluid and the water on the cold side could have an influence on the heat transfer coefficients
and thereby on the performance. The use of the minimum temperature difference or the heat
exchanger effectiveness as a design variable for the heat exchangers means that different heat
exchanger sizes were considered for the screenings. Hence, the screening compared newly built
HP systems to each other. For the upgrading of existing system, fixing the size of the heat
exchangers would be more realistic and lead to different results than the ones presented in this work.
It should be mentioned, that the assumption of ideally stratified storage tanks and the neglect of
dynamics of the HP means that in this work a best-case scenario in terms of COP was examined. In
future work, the influence of thermal inertia and the control of the system should be investigated.
Within this work, only gradual heating with a tank system on the hot side was examined. Ommen et
al. (2015) showed that the best performances for systems with serial heating are achieved, when
serial heating and cooling is conducted at the same time. This corresponds to using the tank system
at both hot and cold side. However, when using the tank system instead of serially connected heat
pumps, the control and operation of the system becomes very complex. Further investigation on the
potential of gradual heating and cooling and on the operation and control of such systems by dynamic
models and experiments will be necessary.

5. CONCLUSION
The novel system, using a small charging tank and a bigger storage tank for gradual heating of
process water showed significant potential for reduction in energy consumption. For the investigated
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temperature sets, a one-stage heat pump with R600a as working fluid showed the biggest potential
of improvement of all cases. When cooling water from 20 °C to 10 °C and heating water from 20 °C
to 60 °C in 14 steps, the COP improvement was 35 % compared to a conventional heat pump,
heating the water in one single step. The results showed that the improvement potential in COP
decreases, when the heat pump configuration is changed from a simple one-stage cycle to a twostage cycle or by adding a regeneration heat exchanger.
For all cases, a reduction of the temperature glide in the heat sinks leads to smaller improvement in
COP. The trend of the maximum improvement showed to be independent from the working fluid and
heat pump configuration. For some cases, the addition of the storage tanks does not lead to an
improvement in COP at very low temperature glides.
Increasing the temperature lift between heat source and heat sink showed a decreasing
improvement potential. The behaviour of the maximum improvement with increasing temperature lift
differs between different working fluids. Further investigations on the reasons for these different
behaviours will be necessary.
For R717, it was shown that for temperature lifts below 35 K, higher COPs can be achieved with a
one-stage heat pump with storage tanks than with a two-stage cycle without storage tanks. For a
temperature lift of 20 K, the tank system achieves similar COPs for one-stage and two-stage heat
pumps.
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ABSTRACT
A new design of an internally cooled desiccant contactor which uses a new ionic liquid (IL) solution
as sorptive medium is targeted. To optimise its operative performance, a semi-theoretical model
based on a variational thermodynamic principle is developed to predict the film rupture and wetting
ability of the IL solution for different values of the IL mass fraction over a comprehensive range of
liquid spray density. The minimum Reynolds number Reb allowing the film-like flow configuration
and, below this value, the wetted fraction of the solid substrate are firstly formulated on an
analytical basis. Successively, the theoretical formulation is used as a reference to minimise
deviations between predicted results and measured data by calibrating dedicated characteristic
coefficients. Predicted film rupture, wetting ability and wetting hysteresis behaviour are strongly
affected by the IL mass fraction and found in good agreement with the measurements.
Keywords: Ionic Liquid, Liquid Desiccant, Modelling, Wettability

1. INTRODUCTION
Modern refrigeration technologies result in possibilities of considerable energy savings, provided
that advanced modelling methods are available for optimizing the system design and controlling its
performance in proximity of the maximum level. Heat exchangers constitute the fundamental
transfer devices for realizing the desired output and minimizing the required input of these thermal
systems. However, established modelling approaches for several of the main interfacial
phenomena recurrent within heat exchangers are not presently available, and design as well as
control methods of operative systems have so far relied on empirical rules of limited generality or
trial-and-error procedures, leading to non-optimized operation. The empirical correlations
commonly used in engineering design and control are analytical equations providing an estimation
of the necessary parameters and requiring as an input few pieces of information related to the
operative condition or the geometry of the element. The conventional process for obtaining this
kind of formulations relies on preliminary experimental investigations followed by a numerical fitting
to a product of power laws of dimensionless groups defined according to the Buckingham Theorem
(Baker et al., 1991). However, due to the limited range and equipment-dependent characteristics of
the experimental investigations, and the relatively “rigid” mathematical shape, the resulting
correlations are limited in applicability and physical description.
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In the modelling method suggested hereby, analytical formulations with equivalent ease of use are
physically obtained from a thermodynamic extremum principle. Variational methods associated to
extremum principles simplify the expression of complex, multivariable physical problems, and
represent physical tools to obtain local and global mathematical formulations for problems that are
less accessible from the vectorial standpoint of Newton’s law. Extremum principles have led to
critical results in theoretical as well as technical research areas (Bertola and Cafaro, 2008) despite
their debated legitimacy and applicability (Reis, 2014) when applied to systems operating far from
equilibrium (Grandy, 2008). Under this approach, the influential dimensionless groups are
extracted and correlated to the required engineering output on the basis of the general physics of
the problem. In this manner, the mathematical formulation of the correlation is not restricted to the
product of power laws of dimensionless numbers, not limited to a specific geometry or working fluid
and could characterise the phenomenon on a broader spectrum of conditions. Subsequently, the
introduction of “corrective coefficients” (as in Giannetti et al, 2018a) while maintaining the
mathematical formulation and the fitting to experimental results, gives an advanced kind of reliable
semi-theoretical correlations, which still carry the fundamental physical interpretation of the
phenomenon, where the corrective coefficients convey information about the quality of the
simplifying assumptions introduced.
Owing to their high transfer capability, liquid films are frequently used in various transfer devices.
Several corresponding technical circumstances require conditions that prevent the film from
breaking into a series of rivulets, avoiding the formation of dry spots and the corresponding
detrimental effect of having cramped transfer interfaces. By contrast, as the film thickness
generally corresponds to the main transfer resistance, and to minimize the pumping power
requirements, operability at low flow rates opens up to possibilities of enhanced transfer
performance. Accordingly, the conditions under which the film breaks down and the extension of
the resulting dry patches are of critical importance when predicting the effectiveness of these
devices, as well as the efficiency of the system. Additionally, possible hysteresis behaviours can be
critical for the proper dynamic characterization and control of the system. However, a general
agreement on the mechanism of film rupture and partial wetting has not been reached.
This work targets film stability, wetting behaviour, and wetting hysteresis of a new ionic liquid (IL)
solution as sorptive medium within a new design of an internally cooled desiccant contactor. The
mathematical formulation of these phenomena is based on an extremum principle of classical
Thermodynamics; a qualitative and quantitative validation of the results is presented with reference
to the visual data captured on a dedicated experimental test section; finally, the theoretical
formulation is used as a reference to minimise deviations between predicted results and measured
data by calibrating dedicated characteristic coefficients for achieving a semi-theoretical formulation
with high accuracy.

2. PHYSICAL MODEL
In desiccant systems, the air-solution contactor is a fundamental element for steady and efficient
dehumidification and regeneration processes. In adiabatic contactors working as dehumidifiers, the
desiccant solution temperature increases along the stream-wise direction owing to the absorptionheat release, and consequently decreases the local dehumidification capacity. Internally-cooled
contactors (Fig. 1a) integrate a contemporary heat rejection process within the dehumidificator,
and significant performance improvements, along with a major drop in size and cost, are expected.
In this work, as the working fluid employed (IL) differs from the standardly used lithium-cloride
solution, aluminium is used without risk of corrosion in a finned-tube configuration with staggered
tube arrays. Generally, ILs also exhibit high thermal and chemical stability, low volatility, excellent
solubility with many organic compounds, and are non-flammable (Varela et al., 2018). Therefore,
they are a promising alternative to be investigated for liquid desiccant systems and absorption
processes in general. Aluminium is selected as the substrate because of its high thermal
conductivity, low density, and low cost. The test section for the visualization of the IL solution
wetting behaviour over the finned-tube contactor specifically considered and its dimensions are as
shown in Fig. 1b (Giannetti et al., 2016).
As the performance of desiccant systems is strongly, but non-linearly, related to the transport
performance of the contactor (directly associated to the), it is necessary to be able to estimate the
extension of the transfer interfaces within the contactors in a comprehensive range of operative
conditions for properly defining the operation strategy of these systems.
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W 0.2 m

H 0.4 m
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water
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(a)

2.1.

Pv 0.02 m
Ph 0.02 m
D 0.008 m

Figure 1: Dimensions of the test section of a vertical fin with cooling water tubes

(b)

Variational formulation

The following mathematical construct of the problem deviates from the intuitive Newtonian vectorial
formulation by relying on the more abstract analytical formulation of extremum principles. This
variational approach is based on the speculative assumption that physical phenomena can be
described by relying on the principles of economy (Cline, 2017). Explicitly, the application of the
principle of minimum energy (conceptually represented by Eq. 1) is based on the assumption that
among the set of possible flow configurations, for a given flow rate, the one with minimal energy is
the most likely to occur.

2 E
0
 2

E
 0,


Eq. (1)

where E defines the total energy content (Eq. 2), and  is a generalised geometric variable of the
flow configuration. The principle is applied to the unit streamwise length x of the flow
configuration.
 1

E    u 2 dA   dS  UdA   gzdA  ...   x
 2

S
A
A
A










Eq. (2)

In the following, as in previous related literature, the evaluation of E is limited to the kinetic energy
EK and surface tension energy E contributions (Eq. 3). The first term is driven by gravity, which
pushes toward flat isopotential interfaces, while the latter tends to generate round interfaces.

 1

1
E  EK  E     u 2 dA   dS    u 2 dA   lv dS   ls dS   sv dS   x
2
A
S
Slv
Sls
Ssv
A2










Eq. (3)

The integration over the phase-interfaces (liquid-solid Sls, liquid-vapour Slv, solid-vapour Ssv) or the
cross-sectional area follows the solution of the streamwise momentum equation for defining the
velocity distribution u, and the definition of two representative flow configurations with simplified
flow geometries: a liquid film fully wetting the solid substrate and a rivulet with a circular crosssectional shape representing the condition of partial wetting of the solid substrate (Fig. 2).
The principle of minimizing the energy of a given streamwise section of the film (as in Mikielewicz
and Moszynski, 1976) enables the prediction of the rivulet wettability among the set of possible
rivulet flow configurations with respect to the parameter X (Eq. 4) representing the ratio of the wet
interface to the total surface of the solid substrate (Eq. 5), and the limit of stability of the uniform
film (Eq. 6). The latter represents the transition between complete and partial wetting, and occurs
at equivalent energy content provided the absence of related physical constraints.
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Figure 2: Representation of the flow configurations under analysis

 2 Eriv
0
X 2

Eriv
 0,
X
X

Eq. (4)

Sls
Sls  S sv

Eq. (5)

Eriv  Euf

Eq. (6)

As the liquid flows laminarly, waveless over a flat solid wall of width , driven only by gravity g,
under the same assumptions of the Nusselt integral solution for an isothermal plate, the parabolic
velocity profile and the corresponding film thickness are commonly expressed in previous literature
(see, for instance, Mikielewicz and Moszynski, 1976).
2.1.1. Film stability
Equation (7) represents the stability criterion of the uniform film (analytical details are given in
Mikielewicz and Moszynski, 1976 and Giannetti et al., 2016) yielding to the estimation of the
minimum Reynolds number (Eq. 9) that assures the complete wetting of the solid substrate.

b  1  cos 0   G 0  b  0
5

3

Eq. (7)

This equation expresses a univocal relationship b=b() between b and the contact angle that
is approximated by Eq. (8) with a deviation below 1% in the range 0<<130°.

b

0.20ln 0  0.69

Eq. (8)

Since the film thickness can be estimated for the given velocity distribution of Nusselt solution, the
parameter b (Eq. 9) is directly related to film Reynolds and modified Galileo numbers (Eq. 10).
1

 3g2  5
b  
 uf ,b
2 
 15 
 35 g  4 
Reb   5 3 3 
 4 15  
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3

Eq. (9)
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6.77Ga 5  b

3

Eq. (10)

Yielding the following handling formulation of the minimum Reynolds number for the stability of the
uniform film configuration (Eq. 11).

Reb

0.054  Gab 

1

5

 ln 0  3.45

3
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2.1.2. Rivulet wetting ability
When the film flowrate is lower than that yielding the minimum Reynolds number in Eq. (11), the
rivulet configuration shows lower energy content and, according to Eq. (4), the local wetting ratio X
is given by Eq. (12) (Giannetti et al., 2016).
3

1
5
1
 2     
  sin 0  9 Re  5
0
0
X 
 cos 0  


3 
45 sin 0  sin 0
   0   4 We 


Eq. (12)

As shown in Giannetti et al. (2016), the geometrical functions of the contact angle ((0), (0) and
G(0)) are obtained by integrating kinetic energy and flow rate over the circular cross-sectional
shape of the rivulet. Thus, given the thermo-physical properties of the desiccant solution and the
contact angle of the solid-liquid pair, the stability of the film and the wetting ability of the rivulet are
estimated. In order to simplify the expression of Eq. (12) without affecting its general physical
connotation, the geometrical group (function of the only contact angle 0) is approximated as
shown in Eq. (13).
3

1
1
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45
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 0

   
0
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0.270

-1.24

Eq. (13)

The direct theoretical outcomes of Eq.s (11), (12) and (13), calculated with reference to the
thermo-physical properties of the IL and the contact angles in Table 1 tested by Varela et al.
(2018), are compared to the experimental results from Giannetti et al. (2018)b in Fig.s 3(a).
Table 1 Contact angles of the IL solution on the aluminium substrate at 23°C
12.8
21.3
32.0
39.9
50.8
62.4
69.7
75.5
, %
θ0a, °
105.9
99.8
86.3
83.4
78.0
74.7
79.3
74.2
θ0r, °
84.9
66.3
58.8
59.2
49.4
54.7
47.5
47.3
The quantitative analysis of the results shows that to fully wet the fin surface from a dry state with a
34% IL solution, at constant temperature, it is necessary to increase the solution flow rate up to a
Reynolds number of approximately 340. From this condition, the Reynolds number of the solution
can be decreased to 100 while maintaining complete wetting. At higher IL mass fraction (for
example 45%), complete wetting is achieved when the solution flow rate reaches a Reynolds
number of circa 210, and, as the Reynolds number of the solution decreases, the liquid film
breaking occurs at a film Reynolds of 60. The predicted values of the Reynolds number required
for complete wetting and the minimum Reynolds number for the liquid film rupture in the remaining
IL mass fraction are: 150 and 40 at 60% , 110 and 30 at 65% , 60 and 20 at 75% .
2.2.

Semi-theoretical formulation

The theoretical shape of the film stability criterion expressed in Eq. (11) is maintained, and by
introducing the characteristic coefficients C0 and C1 a semi-theoretical formulation of the minimum
Reynolds number able to ensure complete wetting of the substrate is achieved (Eq. 14).
C1

Reb  0.054C0  Gab 

5

 ln 0  3.45

3

Eq. (14)

The characteristic coefficients C2, C3, and C4, are introduced in Eq. (15) to match the actual wetting
behaviour, the dependency on Weber and Reynolds number and the actual flow geometry.
X  0.27C2 0

-1.24C4

 Re 
 3
 We 

C3

5
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Figure 3: Comparison between experimental data and (a) theoretical or (b) semi-theoretical results
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The deviation of the experimental data from the predicted results of Eq.s (14) and (15) is
minimized, and the values summarized in Table 2 are obtained. The wetting behaviour of the
desiccant solution is accurately predicted over the complete range of IL mass fraction (Fig.s 3 b)
when using advancing contact angles for increasing flow rates (Eq. 15a) and receding contact
angles for decreasing flow rates (Eq. 15r).
Table 2 Characteristic coefficients of the semi-theoretical formulation
C0
C1
C2
C3
C4
0.47
1.28
3.07
0.35
0.73
The value of these coefficients represents the deviation of the semi-theoretical correlation from the
formulation of the theoretical equations and the assumptions introduced when writing them.
Specifically, C0 and C2 are related to the simplified geometry of the two flow configurations, which
ignore waviness and more complex cross-sectional shapes. C4 represents the limitation of the
assumption of a single value of contact angle throughout the flow along the whole fin. Finally, C3
and C1 evaluate the importance of effects other than kinetics and surface tension (such as, heat
and mass transfer or friction with the gaseous phase).

3. CONCLUSIONS
A semi-theoretical model was developed to predict film rupture and wetting ability of a new IL
solution with respect to a new design of internally cooled desiccant contactor. The mathematical
formulation was obtained from the implementation of the principle of minimum energy. From the
analysis of these fundamental equations the hysteresis behaviour of the IL wetting ability and film
stability was highlighted. It was recognized that this behaviour is intensified by the contact angle
hysteresis phenomenon, and that lower values of the contact angle and surface tension, along with
higher viscosity and density, improve the wettability of the desiccant solution with the increase in IL
mass fraction; correspondingly, the film stability is expanded to lower Reynolds numbers, and the
hysteresis behaviour becomes less substantial. On the other hand, as the mass fraction of IL
increases, the viscosity of the sorptive solution increases and the thermal conductivity decreases,
thus, adversely affecting heat and mass transfer. As a consequence, it cannot be concluded that it
is always beneficial to operate with the highest IL mass fraction. A first experimental comparison
over a comprehensive range of IL mass fraction and flow rates was presented, and the consistency
of the results confirmed. The semi-theoretical formulation was obtained by introducing corrective
coefficients calibrated with reference to the experimental data accurately predicts the minimum
solution wetting rates for the whole range (34%-75%) of the IL mass fraction. As the wetting ability
and the hysteresis behaviour over the complete wetting/dewetting cycles are precisely modelled,
the model can be employed to optimize the component within real plants and consistently define
an optimal control strategy to keep the system in proximity of its minimal energy consumption.

NOMENCLATURE
2

A

Cross-sectional Area (m )

S

Interface (m)

C

Characteristic coefficient

u

Stream-wise velocity (m∙s )

D

Tube diameter (m)

W

Test section width (m)

We

Weber number

-1

-1

E

Energy per unit stream-wise length (J∙m )

g

Gravity (m∙s )

WS

Surface wetting

Ga

Galileo number

X

Wetting ratio

H

Test section length (m)

x

Local stream-wise direction (m)

P

Tube pitch (m)

y

Local transversal direction (m)

R

Rivulet radius (m)

z

Local normal direction (m)

Re

Reynolds number

-2
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Greek symbols

Subscripts



Thickness (m)

a

Advancing



Dimensionless thickness

b

Film rupture



Generic Geometrical variable

h

Horizontal

,,G

Geometric functions of the contact angle

K

Kinetic

0

Contact Angle (rad)

r

Receding



Dynamic viscosity (Pa∙s)

riv

Rivulet



Surface tension

uf

Uniform film

v

Vertical



-3

Density (kg∙m )
-2



Surface tension (J∙m )



-1

Mass fraction (kgIL∙kg )
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ABSTRACT
Ice rinks have a high coinciding cooling and heating demand which turns them into ideal heat recovery
applications. By using carbon dioxide (CO2) as a refrigerant in a trans-critical operation, required high
temperatures (e.g. for dehumidification, space heating and hot water) can be supplied which in
combination with a suitable heating system design can result in very high heat recovery performance.
This study compares the measured energy performance and life-cycle cost of five ice rinks in Sweden
recently retrofitted from conventional refrigeration systems (HFC and ammonia) to trans-critical carbon
dioxide refrigeration systems with heat recovery. The field measurements show that the operational
energy use can be cut down by as much as 55% which makes the investment profitable in comparison
with the previous conventional systems. Furthermore, in some cases the ice rink also became selfsufficient on its own recovered heat, eliminating the need for an external heating system.
Keywords: CO2, Heat Recovery, Ice Rink, Measurement, Performance Indicators.

1. INTRODUCTION
Ice rinks consume a lot of energy. Statistics from Sweden show that a typical single ice sheet indoor rink
with conventional technologies needs about 1 000 MWh purchased energy annually, with the
refrigeration system, cooling capacity usually 250-350 kW, accounting for about 43% and space heating
with hot water production for about 26%. Due to the regulations set by the EU for greenhouse gases as
well as the age of several facilities, many ice rinks are today facing renovations which require sound
decision-making to improve the overall performance. Meanwhile, energy monitoring and measurements
carried out in ice rinks recently retrofitted with CO2-based systems are providing actual data on the
performance of this modern technology, which if further analyzed may help the decision-making process.
1.1. Technical Introduction to Ice Rinks
Heating/Hot
water
Refrigeration

Dehumidification
Lighting
Ventilation

Figure 1: The general energy system layout of an ice rink with optimized heat recovery
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Ice rink operation is mainly focused on the following energy systems: refrigeration, heating,
dehumidification, lighting and ventilation. These “big five” systems, seen in Figure 1, normally account
for more than 90% of the energy used in an ice rink (Rogstam et al., 2014). The systems interact which
can be an advantage when utilized correctly. E.g. space heating, air movement and lighting inside the
arena room will cause a heat load on the ice sheet. In order to maintain the desired ice temperature, the
refrigeration system must extract this heat load from the ice. The extracted heat together with added heat
from compressor work is eventually rejected on the warm side of the refrigeration system, often for the
most part to the ambience. Optimizing the heat recovery process, where the rejected heat is instead
used to cover the heating demands of the facility, is by far the biggest energy savings measure that can
be done in today’s conventional ice rinks. It has been shown that when an ice rink has a well-designed
heat recovery system it may even be self-sufficient on its own heat. (Rogstam and Bolteau, 2015)
1.2. Why CO2 seems to be Well-suited for Ice Rink Refrigeration Systems
As mentioned before, the greatest source for lower energy consumption in an ice rink lies in the utilization
of an optimized heat recovery system. CO2 has very good properties in terms of heat recovery. Figure 2
shows the share of used available heat on the x-axis at corresponding temperatures on the y-axis. The
temperatures of each refrigerant are at the compressor discharge level when starting from the left side,
while getting cooled in the condenser/gas cooler as we move to the right. For example, when the
refrigerant temperature reaches 35°C, only 19% of the available heat is extracted in the NH 3-case
whereas more than 60% of the heat is available above 35°C for the CO 2. This advantage allows the CO2
heat recovery system to cover all heating demands in a “typical” ice rink, reducing the cost of operation
considerably which coupled with competitive investment and service costs, due to the rapid development
of CO2-based refrigeration systems in supermarkets, will yield long-term benefits for the owner.

Refrigerant temperature vs. available heat
CO2 / 80bar

Refrigerant temperature (°C)
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Figure 2: Comparison of the heat available between CO2 and NH3 (Rogstam et al., 2017)

Using CO2 also as the secondary refrigerant in the distribution system brings several advantages over
traditional solutions, e.g. calcium chloride and glycol. Perhaps the most prominent ones are that CO 2
utilizes phase change (evaporation) and has a low viscosity which leads to a considerably lower pumping
power. Measurements done in traditional ice rinks indicate that about 20-25 % of the refrigeration system
energy consumption stems from the auxiliary equipment, such as fans and pumps. By applying CO 2 as
the secondary refrigerant, pumping power can be reduced to about 1 kW compared with traditional fluids
which require 5-15 kW. Thus, the energy consumption of the auxiliary equipment in a CO 2 direct
refrigeration system becomes less than 3 % of the grand total. However, in renovations where the rink
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floor is left untouched, very good results can also be achieved by installing an indirect CO 2-system which
uses for instance aqua ammonia as the secondary refrigerant in the existing plastic pipes.

2. CASE STUDIES – ICE RINKS IN SWEDEN
2.1. Facility A
Facility A is an average size heated ice rink (arena room temperature 8°C) with one ice sheet, which
used to be cooled down by having a calcium chloride circuit connected to an ammonia refrigeration unit.
The heating demand was mainly covered by district heating. In 2014, a new 250 kW CO2 system with
direct expansion into copper pipes in the rink floor was installed. The one stage heat recovery supplies
a constant 60°C forward temperature. In addition, a geothermal storage is used for subcooling or as an
alternative heat source, meaning that the refrigeration unit can guarantee heating even during off season.

Figure 3: Overview of the system solution in Facility A
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4.0
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Figure 4: Facility A energy consumption
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After the performed renovation the facility saved up to 55% on its energy consumption on the first year,
from 3.62 to 1.62 MWh/day of activity. The ice rink reached its best performance during the 2017/2018
season, with a total use of 326 MWh electricity for a 7 month long period. Furthermore, the heat recovery
system covers all the heating demands in the facility, making the ice rink selfsufficient on its own heat
and eliminating the need for district heating. In fact there is excess heat still available, and the municipality
has recently started to export 80-100 kW heat to the adjacent swimming hall.
2.2. Facility B
Facility B has two ice sheets (ice hockey and curling in separate buildings) and consists also of a sports
hall. An R404a refrigeration system with calcium chloride running in the rink and curling floor pipes was
used before to cover the cooling demand. The heating demand was mainly covered by district heating.
In 2015 an indirect CO2 refrigeration system replaced the old one. The existing secondary circuits were
reused and retrofitted with aqua ammonia, reducing the pumping power demand. The new system
provides a new complete one stage heat recovery function with a constant 60°C forward temperature. A
new sorption dehumidifier benefits for instance from the recovered heat for reactivation.
Facility B energy consumption - per season (sept. - mars)
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Figure 5: Facility B energy consumption

Facility B has reduced its energy use by 39% after the refrigeration system renovation, from 5.1 to 3.1
MWh/day of activity, and Figure 5 shows the energy savings on a seasonal level. The control was
improved even further for the season 2016-2017, leading to further reduction in district heating.
2.3. Facility C
Facility C is an average sized ice rink, which used to have an ammonia system covering the cooling
demand in the heated arena (8°C). In 2014 the rink floor was replaced by a new one with new piping for
the secondary refrigeration system, based on aqua ammonia. In 2017 the old ammonia compressors
were replaced by a new CO2 indirect system that was connected to the existing aqua ammonia circuit
and equipped with a state of the art two stage heat recovery function that the new sorption dehumidifier
can benefit for reactivation.
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Facility C - Energy consumption per season (Sept-mars)
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Figure 6: Facility C energy consumption

Facility C reduced its energy consumption by 18% with the refrigeration system renovation from 2.52 to
2.07 MWh/day of activity, eliminating the need for district heating – only a residual 4 MWh consumption
was left which can be fully eliminated by further optimizing the control of the heat recovery function. This
means that the two stage heat recovery function meets the heating demand. Furthermore, like in the
case of Facility A, Facility C is considering exporting excess heat to a swimming hall that potentially may
be built next to it.
2.4. Facility D
Energy consumption Facility D (period aug.-nov.)
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Figure 7: Facility D energy consumption
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Facility D has two ice sheets: one located in a 5800-spectator capacity arena (heated to 15°C) and the
other one in a training hall. Before the renovation, the cooling demands were covered by an indirect
ammonia refrigeration system providing its 600kW cooling capacity through a calcium chloride circuit. A
heat recovery function also existed: a heat pump on the coolant circuit which covered a part of the heating
demand. In 2017 a CO2 indirect refrigeration unit replaced the ammonia one, and aqua ammonia
replaced calcium chloride as the secondary refrigerant. The system is equipped with a two stage heat
recovery function, from which e.g. a new sorption dehumidifier benefits by applying recovered heat.
During the season 2016-2017 the heat recovery function of the former refrigeration system was not in
operation, which explains the energy consumption peak. The heating demand was during that season
fully covered by the district heating. This allows for the calculation of the total heating demand that’s
covered by the new refrigeration unit’s heat recovery function. Based on the most recent data, the two
stage heat recovery function covers 88% of the heating demand in Facility D. If compared with a normal
season of activity (2015-2016), the facility has reduced its energy consumption by 22% – from 7.3 to 5.7
MWh/day of activity.
2.5. Facility E
Facility E used to be a typical single sheet ice rink, with a heated arena room (around 8°C). An ammonia
refrigeration unit was connected to a brine circuit in the rink floor. A heat recovery function provided up
to 28°C for the preheating in the air handling unit. In 2016 a new CO2 system was installed to replace
ammonia, with direct expansion into new copper pipes that were laid in a layer of concrete above the
existing rink floor. Furthermore, an additional ice sheet in a heated arena room (around 10°C) located in
a brand-new building adjacent to the existing ice rink completes the facility in the 2017/2018 season. An
optimized heat recovery system connected to the CO2 system is designed to cover a large part of the
heating demands in both ice rinks.

Energy consumption per day of activity - Facility E
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Figure 8: Facility E energy consumption

When Facility E still had only one ice sheet in operation the energy savings could easily be noticed from
season 2015-2016 to 2016-2017, where the new refrigeration unit and its heat recovery function had
reduced the energy consumption by 15% - from 4.72 to 4.00 MWh/day of activity. At this moment the
heat recovery function was not used at its full capacity yet. When the new ice sheet was connected to
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the unit for the season 2017-2018 the energy savings potential of the new system solution became more
clearly visible. The CO2 system is now able to run two ice sheets with an energy consumption that is only
23% higher than what the previous ammonia system needed when running one ice sheet. Moreover,
season 2018-2019 looks even more promising since the controls have been improved, resulting in almost
no district heating demand and only 15% higher consumption than the old system with only one ice sheet.
Finally, plans are in the making to build a swimming hall in the vicinity of Facility E which opens up for
the possibility of exporting excess heat from the heat recovery system.
2.6. Summary of all Cases – Life-cycle Cost Analysis
The financial performances of the new CO2-based system solutions were evaluated in order to give a
broad understanding of their benefits for the ice rink owner, which in all the studied cases were
municipalities in Sweden. This was done through a life-cycle cost (LCC) analysis, where the old system
was compared with the new one in each case study. Furthermore, the calculations have gone through a
sensitivity and scenario analysis in order to test the robustness of the results and see how changes in
e.g. economic outlook would affect the financial performance of each system. The economic lifespan of
the LCC analysis has been set to 20 years, which is a reasonable timescale for these kinds of
applications. The results presented in Figure 9 mainly reflect a normal economic outlook, where the
nominal interest rate is set as 1,5% per year and the discount rate used by the municipalities in their
investment decision-making is 2,5%. Investment (material & installation) and operating cost input are
based on real data gathered from each case study, while the service related inputs for the different
system solutions are based on a mix of data gathered from the case ice rinks, reports, and experts in the
field in order to produce service cost estimations that can be used in the LCC analysis.

Life-cycle costs
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Periodic service life-cycle cost

Yearly service life-cycle cost

Facility E After

Facility E Before

Facility D After

Facility D Before

Facility C After

Facility C Before

Facility B After

Facility B Before

Facility A After

Facility A Before

3,500,000 €
3,000,000 €
2,500,000 €
2,000,000 €
1,500,000 €
1,000,000 €
500,000 €
0€
-500,000 €

Operation life-cycle cost
Heat export life-cycle income

Figure 9: Life-cycle cost before/after analysis of all facilities

From Figure 9 it can generally be concluded that the savings achieved in performance already at this
stage are having a profitable effect on the investments in the studied facilities (it should be repeated here
that Facility E increased in size from one to two ice rinks). The only facility not showing clear financial
benefit yet is Facility C. The reason for this is most likely related to the combination of lower heating
demands in the facility as well as a shorter ice season (7 months) in comparison with the other studied
facilities (8-9 months). However, as mentioned before, Facility C is considering exporting excess heat to
a swimming hall that potentially may be built next to it. This would turn the tables and make the new
system profitable compared to the old solution. The generated “income” from exporting excess heat
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calculated in the case of Facility A is at this moment a highly conservative value, since it is based on
data from the previous season when only halfway into it the export function was taken into use, with 90
MWh heat exported. It does, however, give an indication that the operational savings in ice rinks could
be further maximized with a well utilized heat export strategy.

3. CONCLUSION
The aim of the study was to compare the measured energy performances and calculated life-cycle costs
of five ice rinks in Sweden recently retrofitted from conventional refrigeration systems (HFC and
ammonia) to trans-critical carbon dioxide refrigeration systems with optimized heat recovery. The field
measurements of those five ice rinks in Sweden show that the operational energy use could be cut down
by 18 to 55%. Furthermore, in some cases the ice rink also became self-sufficient on its own recovered
heat, eliminating the need for an external heating system and opening up for the possibility to even export
excess heat to a nearby facility.
As previously mentioned, the retrofits were also investigated in the form of a 20-year life-cycle cost
analysis for each ice rink owner, where it was concluded that the savings gained in performance makes
the investment in CO2-based systems profitable in comparison with the previous conventional systems.
The savings in performance could also be further maximized if coupled with a well utilized heat export
strategy.
Finally, it should be commented that measured and gathered data from case studies like the ones
presented in this paper play an important role in the development of estimation tools, where generated
results regarding energy (Bolteau et al., 2018) and financial (Grönqvist and Rogstam, 2018) performance
of modern refrigeration systems in ice rinks can be deemed reliable. This, as a result, should greatly aid
the decision-making process in future ice rink renovation projects as well as in new construction projects.

NOMENCLATURE
CO2
HFC

Carbon dioxide
Hydrofluorocarbon

NH3
LCC

Ammonia
Life-cycle cost
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ABSTRACT
Industrial processes like milk production often require simultaneous cooling and heating at temperature
of 1 °C to 10 °C and 90 °C to 120 °C, respectively. High temperature heat pumps (HTHP) with natural
working fluids are a cost-, energy efficient and sustainable solution.
In this work a 20 kW th lab scale cascade heat pump is analysed to predict the performance of a 300 kW th
pilot plant. The test campaign covers an evaporation temperature range of -1 °C to +1 °C and a
condenser temperature range of 113 °C to 118 °C enabling ice-water chilling from 10 °C to 4 °C and a
hot-water heating from 85 °C to 116 °C
A Combined heating and cooling COPcombined of 2.6 to 2.8 was achieved for a temperature lift of
110 K to 80 K, respectively. This performance gives a primary energy saving potential of 57% and a
potential CO2-emission reduction of 94%.
It can be concluded that HTHP can produce simultaneously chilled/ice-water and hot-process water
efficiently for processes like drying, sterilization, pasteurization.
Keywords: Refrigeration, High Temperature Heat Pump, Natural Working Fluids, Efficiency, Combined
Heating and Cooling,

1. INTRODUCTION
Demands for process heat between up to 150 °C are estimated to 172 TWh/year on European basis
(Nellissen and Wolf, 2015), an equivalent energy consumption of about 8500000 Norwegian
households. The presented work focuses on technology development for combined heating and cooling
which can be applied in processes as: sterilisation, pasteurisation, distillation and brewing. In such
processes product heating, e.g. with pressurized hot-water, is followed by a product cooling (Elmegaard
et al., 2017), (Wolf et al., 2014), (IEAHeatPumpCentre, 2014).
A combination of ice- and pressurized hot-water production using a heat pump enables the efficient use
of renewable electricity as CO2-lean primary energy source, which enables: a) increased process
efficiency, b) reduction in operation costs and c) reduction in CO2-emissions.
Standard heat pump technologies for industrial applications (>TRL8) are restricted by simultaneous heat
source and heat sink temperatures in the range 30 °C to 70 °C and 70 °C to 100 °C (Elmegaard et al.,
2017). Heat pumps working at heat sink temperatures >100 °C are scare and commonly defined as high
temperature heat pumps HTHP (Arpagaus et al., 2018). Research challenges related to HTHP
development are: i) extending the limits of heat supply temperature to higher values, ii) improving HTHP
efficiency, iii) applying new environmentally friendly refrigerants and iv) increase the TRL level from
3 to 7, lab scale to industrial pilot scale, respectively.
The presented work addresses this research challenges by presenting a lab scale HTHP lifting heat
form an ice-water production at 4 °C to a pressurized water based heat sink temperature up to 118 °C.
Environmental friendly natural working fluids are applied having low values of ODP, GWP and TEWI.
The elevated condensation temperatures restrict the available natural working fluids for the compression
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heat pump cycle. Suitable working fluids available for condensation temperatures >100°C are water
(R718), ammonia (R717), pentane (R601) and n-butane (R600) (Lemmon et al., 2013). Comparisons of
available working fluids for the operation temperature and capacity range, also including synthetic,
concluded that butane (R600) is most suitable (Bamigbetan et al., 2016), (Bamigbetan et al., 2018). For
the targeted temperature lift >100 K a cascade-HTHP system was selected with propane (R290) in the
low temperature cycle (LTC) and butane (R600) in the high temperature cycle (HTC), as depict in Fig.
1.
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Figure 1: Simplified cycle and T-S diagram of R290/R600 cascade-HTHP
This work presents a detailed system analysis of a 20 kW th R290/R600 cascade-HTHP lab scale system
to show the technical feasibility, its energy efficiency an emission reduction potential.

2. MAIN SECTION
This section covered the design, measurement and analysis methods applied.

2.1.

Test Setup Description

The R290/R600 cascade-HTHP (c-HTHP) is designed and build based on commercially available
components as listed in Table 1.

HT – R600

LTC - R290

Table 1 Main components of the c-HTHP
Component
LTC Compressor
Evaporator
Suction accumulator with internal HEX
High pressure receiver
Frequency converter
Electronic expansion valve
HTC Compressor
Evaporator
Suction accumulator with internal HEX
High pressure receiver
Frequency converter
Electronic expansion valve

Manufacturer
DORIN
Kaori
CARLY
KLIMAL
Eaton
Carel
DORIN
Kaori
CARLY
KLIMAL
Eaton
Carel

Model
HEX551CC
K095 x 22
LCYE 69S
RCO139.40.4.80
DA134046FB-B55C
E2V14
HEX1501CC
K070 x 60
LCYE 69S
RCO139.40.4.80
DA134046FB-B55C
E2V14

The working temperature range of the water-based heat sink and heat source was defined as
4 °C to 30 °C and 85 °C to 115 °C, respectively. The evaporator capacity is 10 kW at 10 °C water inlet
and 4 °C water outlet. The condenser capacity is 20 kW at 100 °C water inlet and 120 °C water outlet
temperature. The pinch point temperature of the heat exchangers is defined as 3 K.
A simplified P&ID schematic and the setup picture is depicted in Fig. 2. The temperature measurement
range is -30 °C to 200 °C with an accuracy of ±1 K (absolute) and ±0,3 K (relative). Pressure
measurement range is 1 bar to 30 bar with an accuracy of ±0.2 % FS BSL. The working fluids are
measured separately by Coriolis mass flow meters with a measurement rang of 0,5 kg/min to 50 kg/min
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and an accuracy of ±0.2 % FS. Heat source and heat sink water flow rates are measured using ultrasonic
flow meters having an accuracy of ±2 % FS. Compressor speed and electric energy consumption can
be manually adjusted using the frequency converters. The electric energy consumption reading has an
uncertainty of ±1 %.
The c-HTHP setup was designed and manufactured in accordance to DIN EN 378. All working fluid
containing components are placed within a separately ventilated cabinet, see Fig. 2. A gas detector and
a ventilation control sensor are installed. The electricity supply into the cabinet is cut-off when the
hydrocarbon concentration exceeds 800ppm and/or the ventilation is insufficient. The LTC and HTC are
charged with 2.5 kg each.

MFM

MFM

Figure 2: Simplified P&ID diagram (left) and picture of c-HTHP setup (right), (TT = Temperature
Transmitter, PT = Pressure Transmitter, HIS = Heat Sink, HSO = Heat source)

2.2.

Compressors

A standard R290-compressor was installed at the LTC. Evaporation temperatures exceed the standard
working conditions of 10 °C of the compressor. The working temperature range was extended by Dorin
for the specific test purpose. The standard condensation temperature working rang is limited to 65°C.
The electric motor of the R290-compressor is suction gas cooled. The R600-compressor is a noncommercial prototype. It is modified to an operation range of 80 °C and 140 °C (160 °C) for suction and
discharge temperature, respectively. This high temperature levels require a proper design and thermal
management. The electric motor is suction gas cooled. It has an external gas manifold, the discharge
temperature range is extended to 160 °C and the electric motor is about 25% overmentioned. Further,
a suitable lubricant for high temperature applications and hydrocarbons was selected. Both compressors
are semi hermetic, certified for use in ATEX 2014/34/EU zone 2. Operation frequency range is
35 Hz to 50Hz.

2.3.

Experimental Campaign

The experimental campaign was designed to evaluate the coefficient of performance of the c-HTHP. As
heat source water was cooled from 10 °C to 4 °C while pressurized hot-water was heated at the heat
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sink side from 85 °C to 115 °C. The compressor frequency was increased in 5 Hz intervals from
35 Hz to 50 Hz. The seven measurements conducted are listed in Table 2.
The measurements were conducted at steady state condition, defined as stable heat source and heat
sink in- and outlet temperature variations <±1 K. The measurement duration was minimum 10 minutes
with a sampling rate of 1 second. Compressor electrical power consumptions and frequencies were
recorded manually, whereas all other parameters were logged and post experimental averaged over the
entire measuring period.
Table 2 Operating conditions of the experimental c-HTHP investigation

f [Hz]
HTC/
LTC
35/35
40/35
40/40
45/40
45/45
50/45
50/50
2.4.

Temperature [°C]
HSO
HSI
eva
in
out
in
out
p.
9.8 4.8 0.8 83.9 112.5
9.1 3.7 -0.2 84.6 114.6
9.7 4.2 0.1 84.4 115.9
10.3 4.7 0.6 84.7 114.5
10.1 4.1 0.1 84.8 116.7
10.3 4.4 -0.1 84.8 116.1
9.9 3.9 -0.7 85.0 116.3

COP [-]
cond.
113.4
115.3
116.7
115.8
118.0
117.6
118.2

η [-]

Capacity [kW]

C_HSI HSI+ C_HSI
cond. evap.
+HSO HSO +HSO
6.2
2.84
0.46
19.0 8.45
6.0
2.71
0.45
20.0 8.37
6.0
2.66
0.45
21.2 9.28
6.1
2.69
0.45
22.6 9.76
5.9
2.64
0.45
24.6 10.31
6.0
2.63
0.45
25.7 10.62
5.9
2.60
0.44
27.3 11.30

el_
comp
9.7
10.5
11.5
12.0
13.2
13.8
14.9

Data Analysis

Data analysis was carried out using Microsoft Excel 2016 in combination with the property database
REFPORP 9.0 (Lemmon et al., 2013). All presented measurement values are minimum 10 minute
averaged. The standard deviation was used as quality criteria and was below the measurement
uncertainties.
Since heat source and heat sink is utilized in the application of simultaneous ice- and hot-water
production a combined ideal COP based Carnot is defined as maximum thermal efficiency as given in
Eq. (1).

𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶_𝐻𝐻𝐻𝐻𝐻𝐻+𝐻𝐻𝐻𝐻𝐻𝐻 =

𝑇𝑇𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻2 + 𝑇𝑇𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻2
𝑇𝑇𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻2 − 𝑇𝑇𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝐻𝑇𝑇2

Eq. (1)

The condenser capacity is determined by the measured working fluid mass flow and the enthalpy
difference between condenser inlet and outlet, as described in Eq. 2.

𝑄𝑄̇𝑐𝑐 = 𝑚𝑚̇𝑅𝑅_𝐻𝐻𝐻𝐻𝐻𝐻 ∙ (ℎ𝐻𝐻𝐻𝐻𝐻𝐻1 − ℎ𝐻𝐻𝐻𝐻𝐻𝐻2 )

Eq. (2)

The evaporator capacity is determined in analogy, as given in Eq. 3.

𝑄𝑄̇𝐸𝐸 = 𝑚𝑚̇𝑅𝑅_𝐿𝐿𝐿𝐿𝐿𝐿 ∙ (ℎ𝐿𝐿𝐿𝐿𝐿𝐿5 − ℎ𝐿𝐿𝐿𝐿𝐿𝐿4 )

Eq. (3)

As the ideal COP, takes the combined coefficient of performance heat source and heat sink into account,
see Eq.4.

𝐶𝐶𝐶𝐶𝑃𝑃𝐻𝐻𝐻𝐻𝐻𝐻+𝐻𝐻𝐻𝐻𝐻𝐻 =

𝑄𝑄̇𝐸𝐸 + 𝑄𝑄̇𝑐𝑐
𝑃𝑃𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐_𝐿𝐿𝐿𝐿𝐿𝐿 + 𝑃𝑃𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐_𝐻𝐻𝐻𝐻𝐻𝐻

Eq. (4)

To benchmark the combined COP the Carnot-efficiency is defined as given in Eq. 5.

𝜂𝜂𝑐𝑐_𝐻𝐻𝐻𝐻𝐻𝐻+𝐻𝐻𝐻𝐻𝐻𝐻 =

𝐶𝐶𝐶𝐶𝑃𝑃𝐻𝐻𝐻𝐻𝐻𝐻+𝐻𝐻𝐻𝐻𝐻𝐻
𝐶𝐶𝐶𝐶𝑃𝑃𝐶𝐶_𝐻𝐻𝐻𝐻𝐻𝐻+𝐻𝐻𝐻𝐻𝐻𝐻

Eq. (5)

In addition to the system, the compressor characteristics were evaluated. The total compressor
efficiency is calculated as given in Eq. 6 and the volumetric efficiency as defined in Eq. 7.
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𝜂𝜂𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶_𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡𝑡 =

𝑚𝑚̇𝑅𝑅 ∙ (ℎ𝑖𝑖𝑖𝑖_𝑑𝑑𝑑𝑑𝑑𝑑𝑑𝑑ℎ𝑎𝑎𝑎𝑎𝑎𝑎𝑎𝑎 − ℎ𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 )
𝑃𝑃̇𝑒𝑒𝑒𝑒_𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶

𝜂𝜂𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶_𝑣𝑣𝑣𝑣𝑣𝑣 =

Eq. (6)

𝑚𝑚̇𝑅𝑅

Eq. (7)

𝜌𝜌𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠𝑠 𝑉𝑉̇𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶

The compressor displacement is calculated, as given in Eq. 8, with a standard displacement at 50 Hz of
23.13 m3/h and 48.8 m3/h for LTC- and HTC-compressor, respectively.

𝑉𝑉̇𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 =

𝑉𝑉̇𝐶𝐶𝐶𝐶𝐶𝐶𝐶𝐶 (50𝐻𝐻𝐻𝐻)𝑓𝑓𝑉𝑉
3600 ∙ 50

Eq. (8)

3. REULTS AND DISCUSSION
The results are presented with focus on compressor and system performance and close with the
prediction of emission and cost reduction potential.

3.1.

Compressor Characteristics

The total compressor and the volumetric efficiencies are plotted over the pressure ratios in Figure 3 and
were determined das given in Eq. 6 and Eq. 7, respectively.

ηComp_total [-]; ηComp_vol [-]

0.8

0.7

0.6

0.5

3.0

3.5

4.0

η_Comp_vol_LTC
η_Comp_vol_HTC

π[-]

4.5

5.0

5.5

η_Comp_total_LTC
η_Comp_total_HTCT

Figure 3: Compressor total compression efficiency and volumetric efficiency of experimental
results
The total compressor and the volumetric efficiency are constant over the investigated pressure ration
3.5 to 4.0 and 4.4 to 5.2 for both the LTC- and the HTC-compressor, respectively. The total compressor
efficiency is about 0.59 for the LTC-compressor and about 0.69 for the HTC-compressor. Even so the
pips of the setup are insulated thermal losses occur between the compressor outlet and the temperature
measurement position. The thermal losses are expected higher for the HTC-compressor, since the
compressor head and the discharge manifold are external compared to the LTC-compressor. The
volumetric efficiencies are in the range of 0.71 and 0.74 for the LTC- and the HTC-compressor
respectively.

3.2.

System Performance

The c-HTHP system performance is depict in Figure 4 as combined COP over the evaporation
temperature. Further, the combined COP is plotted over the temperature lift which is defined as
difference between evaporation and condensation temperature.
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The measurement results show the expected increase of the combined COP by increasing evaporation
temperature. Variations on HSI-inlet temperatures of ±5 K result in variations of ±5 % for the combined
COP. For ice-water relevant evaporation temperatures range is 1 °C to +1 °C.
The variation of compressor frequency from 35 Hz to 50 Hz lead to an evaporator capacity increase
from 8.37 kW to 11.3 kW. HSO-inlet-temperatures varied in the range of 9.1 °C to 10.3 °C resulting in a
HSO-outlet temperature 3.7 °C – 4.8 °C.
The increase of compressor frequency resulted in increased temperature lift, as shown in Figure 4. HSIinlet temperature was held constant with 84.5 °C ± 0.5 K. The condensation temperature increased from
113.4 °C to 118.2 °C effecting the HIS-outlet temperature 112.5 °C to 116.7 °C. The condenser
capacity increased from 19.0 kW to 27.3 kW by increasing the compressor frequency. Consequently,
decreased the combined COP. However, results the increased compressor frequency not significantly
to a decreasing combined COP, indicated by the constant Carnot-efficiency as defined by Eq. 5 of
0.448 ±0.01, see Table 2.
The simultaneous production of ice- and pressurised hot-water with the developed c-HTHP system
resulted in a combined COP range of 2.6 to 2.8.
2.9

3.5

35/35Hz

+5%

3.1
2.9

-5%

40/35Hz

2.7

45/40Hz

-5

0

5

10
Tevap [°C]

HSO in/out: 9.1-10.3 °C / 3.7-4.8 °C
HSI in/out: 83.9-85 °C / 112.5-117 °C
HSOin/out: 14.8-15.7 °C / 9.5-10.3 °C
HSI in/out: 83.3-83.6 °C / 110.2-110.3 °C

15

2.5

20

40/40Hz

45/45Hz

50/45Hz

2.6

2.7
2.5

R290/R600

2.8
COPHSI+HSO [-]

COPHSI+HSO [-]

3.3

112

114

HSOin/out: 18-26.9 °C / 11.6-20.2 °C
HSI in/out: 83.9-85.8 °C / 113.3-117.1 °C

116
∆THSI-HSO [K]

118

50/50Hz

120

Figure 4: c-HTHP system performance: combined COP as function of evaporation temperature
(left), combined COP as function of temperature lift (right)
A detailed investigation of the characteristic sate points of the cascade cycle at 50 Hz compressor
frequency for both compressors, is given in Fig. 5.
150
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Propan

Temperature [°C]

Pressure [bar]

130

10

110

Butan
Butane

90
70
50
30
10

1

0

200

400
600
Enthalpy [kJ/kg]

800

1000

-10

1

1.5

2
Entropy [kJ/kgK]

2.5

Figure 5: Characteristic sate points at 50 Hz operation for both compressors: log(p)-h diagram
(left), T-S diagram (right)
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It shows moderate working pressures of both cycles in a range of 4.5 bar to 21.5 bar. The super heat of
the R290 cycle is about 15 K at the compressor suction, however the compressor discharge temperature
reaches about 85 °C. The high efficiency of the R600-compressor indicates the necessity for sufficient
superheat, otherwise compression into the two-phase region may occur. In the experiments a 13 K
superheat was sufficient at the compressor suction side, resulting in discharge temperatures of about
130°C.
The T-S diagram reveals only 42 % R600 liquid are present after expansion. To enhance the cycle more
R600-subcooling is suggested, further the implementation of ejectors for expansion work recovery would
further improve the cycle.

3.3.

Emission and Primary Energy Reduction Potential

The application of HTHP are the upgrade and utilisation of waste heat resulting in a replacement of
fossil fuelled or direct electric heat supply. The investigated HTHP enables a high temperature lift
enabling simultaneous production of ice- and pressurized hot-water. This additional cooling capacity
available can either reduce the cooling load of existing chillers or increase the total cooling capacity of
a production side.
A reference case is defined to evaluate the emission and cost reduction potential. The reference case
assumes: gas fired hot-water production at the same temperature level as the HTHP with an efficiency
of 0.85, ice-water production with a chiller having a COP of 4.5. CO2-emissions for gas and electricity
are 180 gCO2/kWhth and 22 gCO2/kWhel, respectively.
Standardised result for pressurised hot-water production are given in Table 3.
Table 3 Emissions and operating cost comparisons

hot-water production [kW]
ice-water production [kW]
power required [kW]
gas boiler fuel [kW]
total energy required[kW]
total energy saving [kW]
relative energy saving
CO2-reduction

Reference case

HTHP

1
0.41
0.09
1.18
1.27

1
0.41
0.54
0.54

0.72
57 %
94 %

This simple comparison indicated significant primary energy saving by 57 %. For the production of
1,0 kWh pressurised hot-water and 0.41 kWh ice-water requires the reference case 151 gCO2, whereas
the HTHP only emits 8.5 gCO2, a reduction by 94%.

4. CONCLUSIONS
A technology for efficient and CO2-emission lean simultaneous production of ice- and pressurized hotwater was presented. This high temperature heat pump utilizes environmentally friendly natural working
fluids with low ODP, GWP and TEWI values. Typical application of these type industrial size HTHP
would be in processes like: sterilisation, pasteurisation, distillation and brewing etc..
The performance of the 30kW th lab scale HTHP was analysed for an evaporation and condensation
temperature operation range of 1 °C to +1 °C and 113.4 °C to 118.2 °C, respectively. A modified
compressor was installed at the high temperature cycle of the cascade-HTHP system, enabling to
increase standard equipment temperature limits. The total compressor efficiency was in the order of
0.74. The combined coefficient of performance was measured in a range of 2.6 to 2.8. This equals a
Carnot-efficiency of 0.45 for a 119 K temperature lift.
The application of the developed cascade-HTHP system for simultaneous production of ice- and
pressurised hot-water enables a significant reduction in primary energy consumption of 57 % and CO2emissions of 94% compared with a gas fired hot-water and chiller-based ice-water production.
The results show the great potential for industrial HTHP to increase industrial process efficiency and
phase in of CO2 lean electricity simultaneously.
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NOMENCLATURE
Symbol
COP
h
𝑚𝑚̇
𝑃𝑃
p
𝑄𝑄̇
𝑇𝑇
𝑉𝑉̇
𝜂𝜂
𝛱𝛱
ρ

coefficient of performance (-)
enthalpy (kJ×kg-1)
mass flow rate (kg×s-1)
power (W)
pressure (bar)
heat flow (W)
temperature (K)
volume flow (m3×s-1)
efficiency (-) or (W×W -1)
Pressure ratio (-) or (bar/bar)
density (m3×kg-1)

Index
C
c
Comp
el
HIS
HSO
HTC
is
LTC
E
R
th

Carnot
condenser
compressor
electric
heat sink
heat source
high temperature cycle (R600)
isentropic
low temperature cycle (R290)
evaporator
refrigerant
thermal
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ABSTRACT
Ground-source heat pumps (GSHPs) attract increasing interest but requires alternative refrigerants
with low GWPs. This work investigates the performance of CO2-based mixture refrigerants in
GSHPs with ejector. R41, R32, R161 and R1270 are selected from different HFCs/HFOs/HCs to be
blended with CO2. These mixtures are compared for GSHPs with and without ejector under various
compositions. Results indicate that the cooling capacity of each mixture increases with the CO 2
fraction; ejector increases the cooling capacities for CO 2/R41 but decreases those for CO2/R32,
CO2/R161 and CO2/R1270. Ejector increases the COP of pure refrigerants and mixtures with small
temperature glides, but not with large temperature glides. Without ejector, mixtures always
outperform CO2 and outperform pure HFC/HFO/HC under lower CO2 fractions. With ejector,
mixtures outperform CO2 under lower CO2 fractions but never outperform pure HFC/HFO/HC. In
addition, the discharge temperature with ejector is much higher for mixtures with large temperature
glides.
Keywords: low GWP; CO2; mixture refrigerant; ground-source heat pump; ejector; COP

1

INTRODUCTION

Ground-source heat pumps (GSHPs) are attracting increasing interest due to the high energy
efficiency (Wu and Skye, 2018). The Kigali Amendment to Montreal Protocol requires to reduce
hydrochlorofluorocarbons use (UNEP, 2016). It is necessary to seek low global-warming-potential
(GWP) refrigerants for GSHPs. CO2 is a promising candidate but suffers from low efficiency and
high pressure (Kim et al., 2004). Various advanced vapor-compression cycles have been proposed
to enhance the coefficient of performance (COP) of CO 2 heat pumps. These cycles include suction
line heat exchanger (SLHX) cycle, ejector cycle, expander cycle, multiple-cooler cycle, and their
combinations (Groll and Kim, 2007; Hu et al., 2016). The ejector is regarded to be an inexpensive
and effective method for efficiency improvement (Elbel, 2011; Bai et al., 2015).
To lower the operating pressure of CO2 heat pumps, CO2-based mixture refrigerants have been
investigated. The studied refrigerants blended with CO2 include hydrofluorocarbons (HFCs),
hydrofluoroolefins (HFOs) and hydrocarbons (HCs) (Dai et al., 2015). Apart from reducing the
pressure of CO2 heat pumps, CO2-based mixture refrigerants can also increase the cycle COP. In
addition, CO2-based mixtures can also decrease the GWPs, lower the flammability, while increasing
the volumetric capacity of HFCs, HFOs or HCs.
The objective of this work is to investigate the performance of CO2-based mixture refrigerants in
GSHPs with ejector. Different HFCs, HFOs and HCs are considered to select the suitable
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candidates for CO2 blends. The selected CO2-based mixture refrigerants are compared for GSHPs
with and without ejector under various mixture compositions.

2

METHODOLOGY

2.1 Refrigerant Property
Several widely investigated refrigerants from the categories of HFC, HFO and HC are chosen
for analysis, with the basic information provided in Table 1.
Table 1. Basic information of the studied refrigerants (NIST, 2013; ASHRAE, 2016)

Boiling point
Critical point
Safety
(°C)
(°C)
group
CO2
CO2
0
1
-78.5
31.0
A1
R134a
0
1370
-26.1
101.1
A1
R152a
0
124
-24.0
113.3
HFC
R161
0
12
-37.6
102.1
A2
R32
0
675
-51.7
78.1
A2L
R41
0
92
-78.3
44.1
R1234yf
0
4
-29.5
94.7
A2L
HFO
R1234ze(E)
0
6
-19.0
109.4
A2L
R290
0
3
-42.1
96.7
A3
R600
0
4
-0.5
152.0
A3
HC
R600a
0
3
-11.7
134.7
A3
R1270
0
2
-47.6
91.1
A3
The properties of the pure and mixture refrigerants are calculated using REFPROP (NIST, 2013).
Fig. 1a shows the critical temperature versus the mixture composition. The critical temperature
decreases as the CO2 mass fraction increases, with CO2/R41 showing the closest critical
temperature to CO2. Fig. 2b presents the condensing pressure versus the mixture composition
under a condensing temperature of 28 °C (as defined in section 2.2). The condensing pressure
increases as the CO2 mass fraction increases, with CO2/R41 showing the highest pressure and
CO2/R600 showing the lowest. Mixtures can effectively lower the operating pressures of CO 2 heat
pumps.
Fig. 2 shows the temperature glides of the evaporating and condensing processes under an
evaporating temperature of 5 °C and a condensing temperature of 28 °C (as defined in section 2.2).
For both the evaporator and condenser, the temperature glide increases first and decrease later as
the CO2 mass fraction increases. CO2/R41 has the lowest temperature glides, staying below 2 °C,
while CO2/R600 has the highest, reaching higher than 80 °C. To avoid a too large temperature glide,
R41, R32, R161 and R1270 are chosen for further analysis.
Category

Refrigerant

ODP

GWP
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R134a
R152a
R161
R32
R41
R1234yf
R1234ze(E)
R290
R600
R600a
R1270
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Figure 1: Critical temperature and condensing pressure of different mixture refrigerants
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Figure 2: Temperature glides of different mixture refrigerants

The schematic diagram of the GSHP with ejector is illustrated in Fig. 3. The advantage of GSHP is
that the relatively low temperature from the ground can increase the period of subcritical operation
for CO2 cycles (in cooling mode). While most studies on CO2 cycles are for the transcritical mode,
this work is focused on the subcritical mode.
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Figure 3: Schematic diagram of the GSHP with ejector

2.2 Heat Pump Model
To establish the thermodynamic model of the cycle, some commonly used assumptions are made:
the system is in steady state; the flow resistance, pressure drops, and heat losses are ignored; the
throttling process is isenthalpic. The expansion efficiencies of the motive and suction fluids and the
efficiency of the diffusion process are set constants. The motive and suction fluids reach the same
pressure at the inlet of the mixing section. The vapor refrigerant and the liquid refrigerant leaving the
separator tank are both saturated. Kinetic energies of the refrigerant at the ejector inlet and outlet
are both ignored.
The compositions of the mixtures entering and leaving the separator tank are different, it is
assumed that the composition difference between the initial charged refrigerant and the refrigerant
entering the separator tank is neglectable. This composition has a medium CO2 fraction, while the
vapor refrigerant leaving the separator tank has a higher CO 2 fraction, and the liquid refrigerant
leaving the separator tank has a lower CO 2 fraction. The different levels of compositions are
calculated by an iterative process.
Only the compressor model is introduced here due to the length limitation. A semi-hermetic
reciprocating compressor is used for the GSHP. The compressor speed (N) is 1450 RPM @ 50 HZ,
the bore diameter (D) is 22 mm, and the stroke (L) is 17 mm. The compressor displacement (m3/s)
rate is:
𝑉𝑑 =

𝜋 𝐷 2 𝐿 𝑁
(
)
4 1000 1000 60

Eq. (1)

Based on the measurements, the volumetric efficiency and total compressor efficiency are
correlated to the pressure ratio (Pr) within the subcritical range:
𝜂𝑣 = 1.0212 − 0.0949𝑃𝑟
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𝜂𝑐 = −0.6064 + 1.6912𝑃𝑟 − 0.8532𝑃𝑟 2 + 0.1823𝑃𝑟 3 − 0.0142𝑃𝑟 4

Eq. (3)

Thus, the refrigerant mass flow rate through the compressor is calculated by:
𝑚𝑟 = 𝜂𝑣 𝑉𝑑 𝜌𝑠𝑢𝑐

Eq. (4)

Based on the definition of total compressor efficiency (the ratio of the power required for isentropic
compression (Wi) to the actual power input (Wc)), the actual compressor power is calculated by:
𝑊𝑐 =

𝑊𝑖 𝑚𝑟 (𝑖𝑑𝑖𝑠,𝑖 − 𝑖𝑠𝑢𝑐 )
=
𝜂𝑐
𝜂𝑐

Eq. (5)

The actual compressor discharge enthalpy is computed using the heat-balance equation of the
compressor:
𝑚𝑟 (𝑖𝑑𝑖𝑠 − 𝑖𝑠𝑢𝑐 ) = 𝑊𝑐 (1 − 𝛾𝑙𝑜𝑠𝑠 )

Eq. (6)

where 𝛾𝑙𝑜𝑠𝑠 is the ratio of the compressor heat lost to the ambient over the electrical power input to
the motor, and is fit to functions of the pressure ratio:
𝛾𝑙𝑜𝑠𝑠

−0.3658 + 0.4484𝑃𝑟 − 0.0933𝑃𝑟 2 ,
𝑃𝑟 < 2.2
={
−0.0121 + 0.0842𝑃𝑟 ,
𝑃𝑟 ≥ 2.2

Eq. (7)

Based on the standard test conditions specified by ISO 13256-2-1988 (ISO, 1998), the parameters
for the analysis of the GSHP in cooling mode is listed in Table 2. The evaporating and condensing
temperatures are different between pure and mixture refrigerants, and different value-setting
methods yield different results (McLinden and Radermacher, 1987). In this work, the evaporating
temperature is defined as the mean value of the bulb-point and dew-point temperature under the
evaporating pressure, while the condensing temperature is defined as the mean value of the
bubble-point and dew-point temperature under the condensing pressure.

Table 2. Parameters for the GSHP with ejector in cooling mode

Parameter
Liquid entering evaporator (°C)
Liquid exiting evaporator (°C)
Evaporating temperature (°C)
Superheating degree (°C)

Value
12
7
5
5

Parameter
Liquid entering condenser (°C)
Liquid exiting condenser (°C)
Condensing temperature (°C)
Subcooling degree (°C)

SLHX effectiveness

0.8

Ejector efficiencies

3

Value
25
30
28
2
Motive: 0.9;
Suction: 0.9;
Diffusion: 0.8

RESULTS AND DISCUSSIONS

3.1 Performance Comparison
The cooling capacity and COP are compared for the GSHPs with and without ejector using different
mixtures, as shown in Fig. 4. For each mixture, the cooling capacity increases with the CO2 mass
fraction (Fig. 4a), due to the much higher volumetric capacity of CO 2 compared to other pure
refrigerants. Comparing the GSHPs with and without ejector, ejector contributes to higher cooling
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capacities for CO2/R41 under all the compositions, while it leads to lower cooling capacities for
CO2/R32, CO2/R161 and CO2/R1270 under all the compositions except for the pure refrigerants.
For all the pure refrigerants, ejector yields higher cooling capacities. The penalty of cooling capacity
is larger for the mixtures with higher temperature glides (e.g., CO2/R161 and CO 2/R1270) or under
compositions yielding higher temperature glides (e.g., CO 2 mass fraction of 0.3~0.8).
Fig. 4b indicates opposite COP trends for the GSHPs with and without ejector. With ejector, the
COP generally decreases first and increases later as the CO 2 mass fraction increases. Without
ejector, the COP slightly decreases for CO2/R41 as the CO2 mass fraction increases, while it
increases first and decreases later for CO 2/R32, CO2/R161 and CO2/R1270. For all the pure
refrigerants, ejector contributes to a higher COP.
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Figure 4: Performance comparison of the GSHPs with and without ejector

3.2 Discussions
The performance characteristics of the various refrigerants and cycles are explained in detail in this
section.
3.2.1 Ejector improves the cycle performance of pure refrigerants
Fig. 5 presents the pressure-enthalpy (ph) diagrams of the GSHPs with and without ejector using
pure CO2. The two cycles have the same condensing pressure, while the ejector can lift the
evaporating pressure by recovering the expansion loss. Thus, the pressure ratio of the compressor
is lower and the inlet enthalpy of the evaporator is decreased, contributing to a higher COP and
capacity. It is concluded that ejector is beneficial for all the pure refrigerants, with higher
improvement for high-pressure refrigerants like CO2 and R41.
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Figure 5: ph diagram of the GSHPs with and
without ejector (pure CO2)

Figure 6: ph diagram of the GSHPs with and
without ejector (50/50 CO2/R32)

3.2.2 Ejector worsens the cycle performance of mixture refrigerants with large temperature glides
Fig. 6 compares the ph diagrams of the GSHPs with and without ejector using 50/50 CO 2/R32. The
effect of the initial charged CO2 fraction on the CO2-rich composition (condenser side) and the
CO2-poor composition (evaporator side) is presented in Fig. 7. The mixture with lower temperature
glides (CO2/R41) shows small variations of compositions, while those with higher temperature
glides (CO2/R161 and CO2/R1270) show large variations. The variations of composition lead to
different ph profiles (Fig. 6) for the saturation lines. In addition, the CO2-rich composition at the
condenser side leads to higher condensing pressure while the CO2-poor composition at the
evaporator side leads to lower evaporating pressure. Consequently, the COP of the GSHP with
ejector is lower than that without ejector (Figure 4b). This penalty is especially large given large
temperature glides.
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Figure 8: ph diagram of the GSHPs without ejector
(pure R161 versus CO2/R161)

3.2.3 Ejector improves the cycle performance of mixture refrigerants with small temperature glides

For CO2/R41 with small temperature glides, the penalty caused by composition variation is
overwhelmed by the benefit contributed by the pressure life of the ejector. Therefore, the ejector
cycle always yields higher COPs for CO2/R41 (Figure 4b), but the improvement is small under CO2
mass fractions of 0.3~0.6 due to the increased temperature glides (Fig. 2).
3.2.4 Without ejector, mixtures always perform better than CO2 and perform better than
HFC/HFO/HC under lower CO2 fractions
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Fig. 8 compares the GSHPs without ejector using pure R161 and CO2/R161 mixture. Compared to
the pure R161, the CO2/R161 mixture has a higher condensing pressure and a higher evaporating
pressure. Whether the mixture brings about benefit or penalty depends on whether the pressure
ratio increases or not. For the specific composition of 20/80 CO2/R161, the pressure ratio
decreases and thus the COP is higher than that of the pure R161 (Figure 4b). For other
compositions (e.g., with CO2 mass fraction above 0.6), the pressure ratio increases and thus the
COP is lower.
3.2.5 With ejector, mixtures perform better than CO 2 under lower CO2 fractions but never perform
better than pure HFC/HFO/HC.
Fig. 9 compares the GSHPs with ejector using pure R161 and CO2/R161 mixture. Compared to the
pure R161, the CO2/R161 mixture also has higher condensing and evaporating pressures, with the
condensing pressure increases much more. Although the pressure lift contributed by ejector is
higher for the mixture, the pressure ratio of the compressor is still much higher. Therefore, the COP
is lower than that of the pure R161 (Figure 4b). Comparing the mixture with and without ejector
(Figure 8 and Figure 9), it is seen that the evaporating pressure is much lower, and the condensing
pressure is much higher for the GSHP with ejector (also indicated in Figure 6).
3.2.6 With ejector, the discharge temperature is much higher for mixtures with large temperature
glides
Fig. 10 compares the TS diagrams of the GSHPs with ejector using pure CO 2 and 50/50 CO2/R32. It
indicates that the discharge temperature of the CO2/R32 mixture is much higher than that of the
pure CO2. This is mainly caused by the large pressure ratio, so the large temperature glides should
be avoided when determining the mixture composition.
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Figure 9: ph diagram of the GSHPs with ejector

Figure 10: TS diagram of the GSHPs with ejector

(pure R161 versus CO2/R161)

(pure CO2 versus 50/50 CO2/R32)

4

CONCLUSIONS

This work investigates the CO2-based mixtures in GSHPs with ejector. R41, R32, R161 and R1270
are selected from different HFCs/HFOs/HCs for CO2 blends, which are further compared for GSHPs
with and without ejector under various compositions. The main conclusions are drawn as follows:
(1) For each mixture, the cooling capacity increases with the CO 2 mass fraction due to the higher
volumetric capacity of CO2. Ejector contributes to higher cooling capacities for CO 2/R41 but leads to
lower cooling capacities for CO2/R32, CO2/R161 and CO2/R1270. (2) Ejector increases the COP of
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pure refrigerants and mixture refrigerants with small temperature glides but decreases the COP of
mixture refrigerants with large temperature glides. (3) Without ejector, mixtures always perform
better than CO2 and perform better than pure HFC/HFO/HC under lower CO 2 fractions. (4) With
ejector, mixtures perform better than CO2 under lower CO2 fractions but never perform better than
pure HFC/HFO/HC. In addition, the discharge temperature with ejector is much higher for mixtures
with large temperature glides.
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NOMENCLATURE
D
L
N
V
η
γ

diameter, mm
stroke, mm
compressor speed, RPM
compressor displacement, m 3/s
compressor efficiency
ratio of compressor heat loss

i
m
Pr
W
ρ
COP

enthalpy, kJ/kg
mass flow rate, kg/s
pressure ratio
power, kW
density, kg/m 3
coefficient of performance
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ABSTRACT
Domestic Hot Water (DHW) demand will remain similar in spite of the effort done to reduce energy
consumption in houses. Heat pump (HP) is a potential technology to produce DHW due to its high
efficiency. However, DHW application is characterized by high secondary temperature lifts for what
HPs have been using transcritical cycles.
Under the European project “NEXTHPG”, a water-to-water HP prototype (WtWHP) was developed.
This HP stands out for: its high efficiency, the recuperation of the heat from wastewater mass flows
and the use of natural refrigerants with subcritical cycles (propane).
The main objective of this work is to design a DHW production system integrating this WtWHP, a
preheating heat exchanger, and a storage tank including the control strategy that leads to the
maximum CO2 emissions reduction.
Keywords: Domestic Water, Heat Pump, Heat Recovery, Heat Source, R290.
1. INTRODUCTION
The building sector accounts for 21% of the total energy consumption, and almost 15% of that
percentage is related to water heating for domestic hot water (DHW) (with a significant increase of
that share being projected as room heating loads decrease) (“Energy consumption in households”
EU). In addition, according to the European Environment Agency (EEA), the residential sector is
responsible for 11.5% of total CO2 emissions. Thus, improving water heating production within this
sector is becoming unavoidable for a sustainable future, overall, taking into account that the
employment of more efficient technologies and the introduction of passive houses mean that DHW
becomes the most important thermal need of a building.
Most residential water heaters are equipped with conventional boilers that use electricity or fossil
fuels. In spite of their simplicity and affordability, they are neither energetically nor environmentally
desirable. Compared to these solutions, the demonstrated high efficiency of heat pumps (HPs)
means they present one potential alternative for water heating, and they can operate in standalone
form, avoiding the need for a back-up technology.
HPs have been widely used within many heating and cooling applications. However, most
applications are characterized by low secondary fluid temperature lifts. In applications where high
secondary fluid temperature lifts are required, either transcritical cycles capable to operate efficiently
under high efficiencies with high temperature lifts or progressive heating processes with subcritical
cycles to avoid the loss of performance due to temperature lifts around 50 K, are employed. Recently,
researchers have been working on the optimization of HPs for that kind of applications and HPs with
coefficients of performance (COPs) similar that those obtained with transcritical cycles have been
developed. This is possible thanks to the applications of high (optimal) degrees of subcooling
(Pitarch et al., 2018), (Pottker and Hrnjak, 2015) and the proper redesign of the HP. This kind of HP
has been called a “Subcooled Heat Pump” (SHP).
One-step further deals with the integration of these SHPs within a real system in order to satisfy a
real DHW demand.
Regarding heat recovery applications to produce DHW in the residential sector, not so much work
can be found in the literature and usually the generalization of the presented results to other system
configurations is not easy (Hua el al., 2010; Hepbasli et al., 2014).
This paper analyses a heat recovery system for DHW production in the residential sector based on
such a SHP. Apart from the HP, a heat-recovery heat exchanger (HE) and a variable-volume storage
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tank (ST) are integrated in the system. The sizing of the components and the definition of the
operating control strategy in order to minimize the global energy consumption of the system are
investigated. The results presented can yield valuable information for the next years, guiding the
proper system design when the substitution of common DHW production technologies by HPs takes
place in order to meet the requirements of new policies aimed towards a decarbonized energy sector.
2. MODEL DESCRIPTION
The system under analysis is presented in figure 1 (left) where heat recovery from water at 20ºC has
been used to produce water at 60ºC. TRNSYS has been used in order to model the system. The
main components of the system are a heat exchanger with an efficiency of 0.75, the SHP model
described in (Pitarch et al., 2018) and a storage tank of variable volume (type 39). In order to define
the load profile, the stochastic model described in VDI has been used.
INPUTS

OUTPUTS

DHW demand profile

SYSTEM
MODEL

Simulation time
Step period
Tnet

Tsource
Tambient

OPTIMIZATION VARIABLES

DHW to user
COPsys
Power flows between
components
Storage tank levels
Electric power
consumption

Sizing: Scale, Volume
Operation: α, Tset, Tco

Figure 1: Scheme of the system under analysis (left). Structure of the model (right)

Fig. 1 (right) shows a scheme of the structure of the used model showing the input, the output and
the optimization variables. In that scheme, scale is the size of the heat pump, volume is the size of
the tank, alfa is the tank level when the heat pump switches on, Tset is the water tank temperature
and Tco is the condenser outlet temperature.
Regarding the control algorithm, Fig. 2 summarizes the followed algorithm. The main source of
irreversibility of the system arises from the addition of a ST. Thus, the control of the installation is
based on the minimization of the temperature and the time that the water is stored in the ST. As the
temperature of the stored water increases, so does the irreversibility. The minimum possible
temperature of stored water considered in this work is 60 ºC. Hence, the control set temperature is
Tset = 60 ºC.
In order to maintain a temperature of at least 60 ºC at the ST, the outlet temperature of the condenser
in the HP needs to be some degrees higher. Specifically, based on the simulation results, the
minimum outlet temperature to achieve this requirement stably is 64 ºC. Thus, from all the
simulations, the water outlet temperature at the condenser is set to 64 ºC.
The minimum time for which the water is stored is dependent on both the volume (capacity of the
ST) and the level of the water inside the tank. Dynamic control based on the water level inside the
tank is required and both the volume and the level of the tank are parameters to be optimized. This
control variable is called α and expresses the control level as a percentage of the volume according
to Eq. (1).

Control _ level = a × Volume

(1)

where Volume is the capacity (size) of the tank. The determination of the optimal α is also an
objective of this work.
A maximum ST level is also required to avoid overproduction; the maximum level set is based on
the production capacity of the HP in one-time step as indicated in Eq. 2.

max_ level = Volume - mw _ cond × step
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where mw_cond is the HP water mass flow rate production for a determined scale and step the
simulation time step.
Finally, to preserve the durability of the HP, a maximum of nine starts within the same hour is
recommended by manufacturers and has been considered in the control. This feature is programmed
in the HP type.
CONTROL_HP
t= simulation_time
Nstartt=0=0

nstartt-1 ≥9

t = [1,…,60]

t -1 = OFF

HP = OFF

nstartt-1 < 9
t -1 = ON

TST ≥ TSET
Level ≥ αVol

HP = OFF
nstartt= nstartt-1

TST < TSET
Level > αVol

HP == ON
ON
HP
nstartt= nstartt-1 +1

TST < TSET
Level < αVol

HP = ON
nstartt= nstartt-1 +1

TST ≥ TSET
Level < αVol

HP = ON
HP
= tON
nstart
= nstartt-1 +1

Level < maxlevel

HP = ON
nstartt= nstartt-1

Level ≥ maxlevel

HP = ON
nstartt= nstartt-1

TST < TSET

Level ≥ maxlevel
TST ≥ TSET

HP = OFF
nstartt= nstartt-1

Figure 2: Control algorithm implemented for the system

The used control criteria are not based in two conditions, satisfy the demand 99% of the time and
do not allow more than one-minute shortage at the same hour daily. The second condition is added
in order to consider the particular user satisfaction characteristics of this type of hot water demand.
The optimization of CO2 emissions has been performed for a system considering all these
constrains.

3. PERFORMED ANALYSIS
In order to minimize the CO2 emissions of this type of application an optimization of the HP heating
capacity (Scale), the volume of the ST, and the control level (α) is carried out. The optimization has
been made over one-year DHW demand profiles.
Three different sets of simulations, based on different demand sizes, have been performed, 20H,
10H, and 30H.
Figure 3 (left) describes the main inputs used in the parametric studies for each demand size.
Volume_min

INPUTS

Scale_min

DHW demand profile: 20H/10H/30H
Simulation time:
Step time:
Tnet:
Tsource:
Tambient:

8760h
1 minute
10°C
20°C
20°C

25 liter
Volume_max

DHW
demand

10H,20H,30H

0.5kW

Volume_min
Scale_max

25 liter
Volume_max

α= 0.1
α=0.9

α=0.1
α=0.9
α=0.1

α=0.9
α=0.1

0.1

0.1

0.1
0.1

α=0.9

Figure 3: Inputs of the parametric studies (left). Parametric studies for each demand size. 0.5 kW
scale increments, 25 litre ST size increments, and increments of 0.1 in α (right)

Fig. 3 (right) summarizes the parametric studies performed for each case:
- Scale variation range: it is expressed in terms of heating capacity (Qcond) and goes from the
minimum size that meets the discomfort requirements to the size that satisfies an operating time
of a minimum of 1.5 hours per day (in 0.5-kW steps).
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Volume variation range: for each heating capacity, the maximum and minimum ST sizes that
meet discomfort levels are investigated (in 25-litre steps).
- Α variation range: for each ST size, the variation of the control level in terms of the volume
percentage, α, goes from 0.1 to 0.9 (in steps of 0.1).
The results presented have been obtained from more than 12000 simulations.
-

4. OBTAINED RESULTS
The initial sizing-configuration of the system has been developed based on the analysis of the
demand for 20 multifamily houses. Table 1 shows the main results obtained. For the cases 1, 2 and
3 a constant demand profile has been considered, for the case 4 a variable profile demand calculated
according VDI reference has been used.
Table 1. System analysis. Results for HP, HP+HE (20ºC), HP+HE (30ºC) and HP+HE+ST

System
HP
HP + HE HP+HE HP+HE+ST
Tsource (ºC)
20
20
30
20
Annual energy demand (kWh)
31283.2 31283.2 31283.2
31283.2
Average required heating power (kW)
3.57
3.57
3.57
3.57
Tco (ºC)
60
60
60
64
% capacity supplied by HE
0
10
30
10
COPhp
5.74
5.39
6.03
5.14
COPsys
5.71
5.95
8.5
5.2

From that analysis, it has been shown that the pre-heating heat exchanger allows an improvement
of the system efficiency by up to 15% for the considered conditions, the importance of the HE
increases as the water temperature of the source increases. The need for the ST is justified in order
to satisfy the variable demand curve of this type of application, but it introduces a reduction in the
annual system performance by 12% in the best case (variable volume tank with no stratification).
Figure 2 and Figure 3 give an example of the parametric studies performed with each demand size.
In this case, a 20H load profile has been used. Figure 2 shows the annual CO2 emissions associated
with the system and Figure 3 the respective HP operating hours for the possible solutions
(combinations HP-ST that meet comfort standards). The parametric studies are based on different
sizes in 0.5-kW steps, but Figure 2 and Figure 3 outline only the three most representative ones: (a)
the minimum HP size, (b) the optimal HP size, and (c) the maximum HP size.
(a) Qcond= 5kW

Volume [m3]

3.0

(b) Qcond= 7.5kW

3.0

3.0

kgCO2/annual

(c) Qcond= 38kW

2100

2.7

2.7

2.7

2.4

2.4

2.4

2.1

2.1

2.1

2025

1.8

1.8

1.8

1988

1.5

1.5

1.5

1950

1.2

1.2

1.2

0.9

0.9

0.9

1913

0.6

0.6

0.6

0.3

0.3

0.3

0.0

0.2

0.4

0.6

Alpha [-]

0.8

0.0

0.2

0.4

0.6

Alpha [-]

0.8

0.0

2063

1875
1838

0.2

0.4

0.6

0.8

1800

Alpha [-]

Figure 2: Annual CO2 emissions associated with the system as a function of the ST size (volume)
and control level (α) for (a) the minimum HP size, (b) the optimal HP size, and (c) the maximum HP
size. Only the solutions that meet the discomfort standards are represented

From Figure 2 and Figure 3, several comments can be done:
- Not all the combination sizes are possible solutions. In fact, there is a maximum ST size
(depending on the HP size) capable of meeting the discomfort requirements. The region of
possible solutions becomes larger as the HP size increases.
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-

-

The operating time depends mainly on the HP size. The ST size has a greater influence with
small heating capacities. High volumes lead to higher operating times.
Combinations of small HP-ST sizes lead to lower CO2 emissions. Among the solutions, the
best combinations from an energy point of view have the lowest ST size and high α but a
longer operating production time.
For a given HP size, CO2 emissions increase linearly with the ST size.
For a given HP size, an increase of approximately 5% from the minimum volume to the
maximum volume takes place.
Higher HP sizes lead to significantly higher CO2 emissions (even though fewer operating
hours are required). When the operating time increases from 1.5 h·day-1 to 12 h·day-1, the
CO2 emissions increase by 15%.
With high ST volumes, the control of the ST level (α) become less important. In these cases,
the HP operating control is driven mainly by the ST temperature.
With small ST volumes, the dominant control is α and it widens the solution region compared
to when no control level is used, especially with small HP sizes (optimum). For instance, in
(b), the minimum volume without the control level is 700 litres, while an ST tank 57% smaller
(400 litres) is possible when high water level controls are applied.
(a) Qcond= 5kW

Volume [m3]

3.0

(b) Qcond= 7.5kW

3.0

3.0

(c) Qcond= 38kW

Operating time [h/year]
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2.4

2.4

2.4

2.1

2.1

2.1

1.8

1.8

1.8
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1.5

1.5

3100

1.2

1.2

1.2
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0.9

0.9

0.9

0.6

0.6

0.6

0.3

0.3

0.3

0.2

0.4

0.6

Alpha [-]

0.8

0.2

0.4

0.6

Alpha [-]

0.8

4900
4300

1900
1300

0.2

0.4

0.6

0.8

700.0

Alpha [-]

Figure 3: Annual HP operating hours function of the ST size (volume) and control level (α) for (a) the
minimum HP size, (b) the optimal HP size, and (c) the maximum HP size. Only the solutions that meet
the discomfort standards are represented

Similar results are obtained with other demand sizes and in all parametric simulations.
Following the approach shown in Figure 2 and Figure 3 but taking into account only the optimal
control (α value), the binomial analysis of the ST-HP size is done for 10H, 20H, and 30H load
demands.
Figure 4, shows the CO2 emissions per house, for the solution maps (in terms of HP-ST size) and
optimal α value for 10H, 20H, and 30H. To distinguish the influence of the demand size, the same
scale has been used in each figure. Nevertheless, a magnified view of 10H has been considered in
some cases.
The most remarkable conclusions from Figure 4 are:
- Higher aggregated demands lead to lower CO2 emissions associated with each apartment.
- In all the cases, there is a small optimal region of HP-ST size combinations that lead to similar
annual emissions for each demand type. The minimum emissions correspond to a line of
solutions with the smallest ST and HP sizes in each case.
- For a given demand, CO2 emissions vary by up to 20% from the optimal solution to the worst
case.
Other relevant results obtained from these simulations is related to the influence of the selected
demand profile. Recommending that end-users DHW demand at the most convenient moment from
an energy point of view rather than on a random pattern, and “educating” them about this, could also
be a solution compromised with the environment (as already happens with heating demand and
other types of consumption).
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Figure 4: CO2 annual emissions per house for each HP-ST size and (a) 10H demand, (b) 20H demand,
and (c) 30H demand
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Figure 5: Annual HP operating hours for each HP-ST size and (a) 10H demand, (b) 20H demand, and
(c) 30H demand

Fig. 5 shows the operating hours as a function of the hp size and tank volume for the three cases
under study. According these results:
- A bigger solutions map leads to a wide range of operating times, from 1.5 h·day-1 to almost
16 h·day-1 in the 30H case, while with a smaller demand, where fewer combinations are
possible, the range is from around 7 h·day-1 to 2 h·day-1.
- Optimal solutions appear with high to medium operating time production.
Fig. 6 shows the values of the optimum α as a function of the heat pump size for several demand
conditions. According that figure, the optimal solutions occur with small sizes and high values of α
(0.9–0.8), which correspond to the solution in which the water is stored for the minimum time.
In fact, the smaller the ST size, the higher the value of α required to meet discomfort standards.
Thereafter, medium α values lead to optimal solutions for medium ST sizes and low α values lead to
the best solutions with high ST volumes.
Fig. 7 collects the optimal HP-ST sizes for each demand size and the best α values. In addition, the
required annual operating hours are also represented as a function of the optimal binomial sizes.
Green colour is used for 30H, blue for 20H, and orange for 10H. Dotted lines indicate the operating
time and continuous lines represent ST sizes.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4654

Volume [m3]

3.0

(a) 10H

(b) 20H

3.0

Alpha_opt

(c) 30H

3.0

0.9

2.7

2.7

2.7

2.4

2.4

2.4

2.1

2.1

2.1

1.8

1.8

1.8

0.6

1.5

1.5

1.5

0.5

1.2

1.2

1.2

0.9

0.4

0.9

0.9

0.6

0.6

0.6

0.3

0.3

0.3

0.8
0.7

0.3
0.2

0 5 10 15 20 25 30 35 40 45 50

0 5 10 15 20 25 30 35 40 45 50

0 5 10 15 20 25 30 35 40 45 50

Qcond [kW]

Qcond [kW]

Qcond [kW]

0.1

Figure 6: Optimal control level (α) values for each HP-ST size and (a) 10H demand, (b) 20H demand,
and (c) 30H demand

Fig. 7 is useful for sizing an HP system for DHW production with the characteristics described in this
work. According to the figure, with small HP sizes, there is a minimum ST size required, while as the
HP size increases, lower ST volumes are possible. In addition, increasing the heating capacity of
the HP does not always lead to lower ST volumes (due to discomfort requirements).
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Figure7: Optimal HP-ST size combination and its associated annual operating time for demands of
10H, 20H, and 30H

Finally in order to get an order of magnitude of the performance of this system compared with other
systems available in the market, table 2 shows CO2 emissions of several systems.
Table 2 Estimation of the CO2 emissions/year for several systems

HP
HP+HE
Gas Boiler
Gas Boiler+ 50% Solar

1803.9
1768.0
8568.9
4284.4

The results from the table shows the potential of using this kind of approach in order to reduce the
total energy consumption in this type of system.

5. CONCLUSIONS
This work analyses a system to produce DHW from the recovery of low-grade temperature sources
using HPs. The study is performed for an application based on the residential sector. The main
components of the system are a pre-heating heat exchanger, an optimized HP, and a variable
volume ST. DHW load profiles based on stochastic models for 10, 20, and 30 multifamily-houses
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have been used in order to simulate the DHW demand profile. With these basic components, a
model of the system has been developed in TRNSYS.
It should be mentioned that a unique optimal solution does not exist. A set of HP and ST size
combinations with similar associated CO2 emissions exists. In general, small sizes of both
components (HP+ST) are preferred, allowing to minimize the time the water is stored.
In the literature rely on economic factors and are applicable only to specific situations. Energyefficient solutions are not so commonly investigated even though they should be the focus in order
to reduce CO2 emissions. In addition, those types of solutions are independent of energy policies
and are hence more general. From that point of view, the presented study aims to serve as a guide
to the sizing of HP systems for DHW production based on the most efficient alternative. Economic
factors could be used to match the energy aspects in a second step of the sizing process and can
be adapted to the specific requirements.
The total savings of this kind of system has been estimated and with the proper system design and
it could reach values of 4.8 times in terms of CO2 reductions. These values have been obtained for
a relatively low heat source temperature (20ºC) but the improvement could be significantly higher if
the source temperature increases to 30-40ºC. It should be noted that the difference of using this kind
of system with the proper design could reduce the CO2 emissions in up to 20% compared with the
same system with a non-optimized design.
Finally, the work presented aimed to find the optimal size and operation strategy of an HP-ST system
in order to satisfy DHW production within the residential sector based on the minimization of the
associated CO2 emissions for a given demand profile. However, it should be pointed out that among
the most influential variables in the final energy consumption of this type of system are those related
to the user habits with regard to DHW use. Therefore, solutions to minimize the environmental impact
associated with DHW production should take that point into account and should also imply the need
for education and adoption of some habits in DHW use by the user that are environmentally friendly.
From that point of view, this work has quantified the losses derived from the presence of peaks in
the demand and these losses could represent up to 12% of the total energy consumption.
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ABSTRACT  

  
An   optimised   air   source   heat   pumps   (ASHP)   using   an   economised   vapour   injection   (EVI)  
compressor  is  integrated  in  a  residential  house  for  field  trial  and  aimed  to  replace  fossil-fuel  boiler  
heating   system.   Due   to   the   complex   of   operation   strategy   and   ambient   conditions,   a   good  
understanding  of  the  EVI-ASHP  performance  under  different  operation  conditions  is  essential.  This  
study  investigates  and  analyses  the  heating  capacity  and  performance  of  the  developed  EVI  ASHP  
in   field   trials   for   space   heating   and   hot   water   supply   for   whole   year   with   variable   operation  
strategies  and  issues  in  details.  The  results  of  this  study  provide  a  solid  basis  for  system  operation  
improvement  and  scaling  up  applications  of  this  kind  of  heat  pump  in  the  future.  
Keywords:  Domestic  Air  Source  Heat  Pump,  COP,  Field  Trial,  Heat  Supply,  Domestic  Hot  Water.  
  
  

1.   INTRODUCTION  

  
In  the  UK  energy  use  in  domestic  sector  accounted  for  29  %  of  the  total  energy  consumption  and  
80  %  of  which  is  used  for  space  heating  and  hot  water  (ECUK,  2017).  In  the  European  Union  14%  
of   total   energy   consumption   in   the   residential   sector   is   for   hot   water   production   while   in   the   UK  
17%   for   the   water   heating.   Retrofitting   the   existing   domestic   heating   system   using   renewable  
energy   sources,   it   could   potentially   reduce   the   energy   consumption   and   carbon   emission.   Air  
source   heat   pumps   (ASHP)   utilise   energy   stored   in   the   surrounding   ambient   at   low   temperatures  
and   convert   it   to   high   temperature   useful   energy   which   is   good   practice   for   meeting   buildings’  
heating  demand  in  marine  climate  like  UK  because  of  high  efficiency  and  lower  cost  (Hewitt  et  al.,  
2011;;  Chua  et  al.,  2010).  Studies  have  revealed  that  the  efficiency  of  energy  production  equipment  
is  influenced  by  the  particular  characteristics  of  heat  consumption  profile.    
The  ASHP  using  an  economised  vapour  injection  (EVI)  compressor  has  the  capability  to  overcome  
some  of  the  difficulties  of  the  high  temperature  lift  operation  (namely  reduced  heating  capacity)  that  
allows   low   liquid   subcooling   to   be   attained   in   the   compression   cycle   while   maintaining   the   high  
evaporator  capacity  to  provide  adequate  heating  during  the  cold  ambient  air  period  (Hewitt  et  al.,  
1991;;  Zhang  et  al.,  2016).  A  research  programme  was  developed  to  optimise  the  components  and  
operating   regime   of   an   ASHP   using   the   EVI   compressor   (Hewitt   and   Huang,   2008;;   Huang   and  
Hewitt  2013).  The  results  showed  that  the  EVI-ASHP  improved  the  heating  capacity  and  COP  by  
up  to  23%  and  5.4%,  respectively  under  the  standard  test  conditions  in  the  lab.  
An   optimised   Air   source   heat   pumps   (ASHP)   using   an   economised   vapour   injection   (EVI)  
compressor  is  integrated  in  a  residential  house  for  field  trial  and  aimed  to  replace  fossil-fuel  boiler  
heating   system.   Due   to   the   complex   of   operation   strategy   and   ambient   conditions,   a   good  
understanding  of  the  EVI-ASHP  performance  under  different  operation  conditions  is  essential.  In  is  
also,   in   order   towards   a   more   sustainable   behaviour   for   energy   and   heat   usage,   studying   the  
realistic   energy   consumption   with   the   heat   supply   are   necessary   for   optimizing   the   design   and  
control   operation   of   energy   systems   (Fuentes   et   al.   2018).   Characterization   of   domestic   heat  
demanding   with   supply   performance   would   allow   for   designing   innovative   control   strategies   for  
heat   supply   systems   based   on   consumption.   This   study   investigates   and   analyses   the   heating  
capacity   and   performance   of   the   developed   EVI   ASHP   in   field   trials   for   space   heating   and   hot  
water   supply   in   a   residential   house   in   Belfast,   Northern   Ireland,   UK   for   whole   year   with   variable  
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operation  strategies  and  issues  in  details.  The  results  of  this  study  provide  a  solid  basis  for  system  
operation  improvement  and  scaling  up  applications  of  this  kind  of  heat  pump  in  the  future.  
  

2.   DESCRIPTION  OF  THE  EVI  ASHP  HEATING  SYSTEM  FOR  FIELD  TRIAL  

  
The  operated  EVI-ASHP  system  in  the  field  trial  has  a  nominal  capacity  of  12  kW  heat  (Copeland,  
2016).  The  selected  heating  system  retrofit  house  heated  by  the  EVI  ASHP  is  a  typical  UK  semi-
detached   3   bed-roomed   family   house   with   105   m2   in   Carrickfergus,   Northern   Ireland.   The  
household   space   heat   distribution   system   and   domestic   hot   water   supply   would   be   met   by  
circulating   pump   transferring   heat   directly   from   the   ASHP   to   the   household,   as   shown  
schematically   in   Fig.   1.   Circulating   pump   has   a   constant   flow   rate   of   0.385   l/s.   More   detail  
description  about  the  principle  of  EVI  ASHP  can  be  found  in  our  previous  work  (Huang  and  Hewitt,  
2013).  The  ASHP  system  has  been  operated  through  all  year.  Three  particular  periods  have  been  
chosen  to  study  the  performance  of  the  ASHP  aiming  to  have  a  close  study  on  the  heat  supply  to  
meet  the  space  heating  and  hot  water  supply  with  variable  demanding:  1)  Feb/March  for  combined  
space   heating   and   hot   supply   in   the   coldest   ambient   temperature   period;;   2)   May   for   combined  
space   heating   and   hot   supply   in   the   mild   ambient   period;;   and   3)   Aug/   Sep   for   hot   water   supply  
only.  The  performance  of  the  ASHP  with  energy  consumption  have  been  monitored  and  the  data  
were   recorded   by   a   ΔT   logger   at   30   second   intervals   and   stored   for   later   analysis.   Only   the  
repeatable  data  for  operating  under  similar  ambient  conditions  were  used  for  analysis.  
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Figure  1:  Schematic  representation  of  ASHP  integrated  into  a  conventional  domestic  heating  system  

  

  
  
3.1.    

3.   RESULTS  AND  DISCUSSIONs  
EVI  ASHP  Performance  in  the  Winter  Operation  

Fig.   2   presents   the   hot   water   inlet   and   return   temperatures   and   heat   supply   to   the   household   in  
continued  30  hours  during  March  with  an  ambient  temperature  varies  from  around  0°C  to  4°C.  The  
ASHP  is  engaged  during  the  early  morning  and  late  afternoon.  It  can  be  seen  that  the  heat  supply  
has   been   affected   with   the   ambient   temperature   variation.   The   COPs   are   3.42   and   3.93  
respectively   on   the   same   period   of   the   two   days   to   reflect   the   influence   of   the   ambient  
temperatures.  More  detailed  temperature  variations  can  be  seen  respectively  in  the  two  afternoon  
sessions   (Fig.   3).   When   the   ambient   temperature   is   lower   at   the   first   day,   the   heating   demand   is  
higher   but   the   supplied   hot   water   temperature   from   ASHP   takes   longer   time   to   reach   the   setting  
point  65/55  °C  during  the  ramp  up  and  on-off  periods  comparing  to  the  higher  ambient  temperature  
in   the   second   day.   In   order   to   keep   the   setting   points   with   the   system   operation,   the   discharge  
temperature  is  higher  and  suction  temperature  is  lower  with  the  lower  ambient  temperature  in  the  
first  day  comparing  the  higher  ambient  temperature  in  the  second  day.    
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Hot  water  inlet  /  return  with  ambient  temperature  

Heat  supplied  to  the  house  by  the  ASHP  
  

        

  

Figure  2:  ASHP  operated  within  30  hours  on  March  with  hot  water  inlet/return  temperatures  and  heat  
supply  

  
  
3.2.   Heat  Supply  by  ASHP  for  Hot  Water  only  Demand  with  and  without  Hot  Water  
Withdraw  

During   summer   there   is   no   space   heating   demand   but   only   for   domestic   hot   water.   The   heat  
supplied  by  the  ASHP  is  extracted  by  the  water  in  the  existing  hot  water  tank  with  1000  l  capacity  
then  used  for  hot  water  discharge  in  the  household  (see  Fig.  1).    The  heat  pump  operated  at  the  
on-off  setting  points  of  65/45  °C.    
Comparisons  of  ASHP  performance  for  the  DHW  supply  only  have  been  carried  out  with  different  
hot   water   withdraw   period   by   occupancies   during   charging   the   storage   tank   in   Fig.   4.   In   order   to  
limit   the   influence   from   other   factors,   the   two   situations   are   under   the   same   ambient   conditions.  
The   blue   lines   with   symbols   represent   hot   water   frequently   withdrawn   by   the   occupancies,   by  
contrast,  the  yellow  symbol  lines  represent  a  lack  of  water  withdrawn.  The  ASHP  performs  similar    
on  the  discharge  and  condenser  temperatures,  but  energies  for  longer  time  in  the  situation  of  the  
frequent  hot  water  usage.  The  heat  extracted  by  the  hot  water  tank  is  increased  when  there  is  hot  
water   withdraw   from   the   hot   water   tank   by   the   occupancies.      It   can   be   seen   that   the   water  
withdrawn   can   cause   an   increase   of   heat   extraction.   The   heat   stored   in   the   hot   water   tank   is  
increased  with  higher  COPs  when  there  is  hot  water  frequently  withdrawn  by  the  occupancies.      
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Figure  3:  Detailed  comparison  of  hot  water  inlet  /  return,  heat  supply  to  the  household  and  ASHP  
performance  along  the  cycle  for  the  two  days  with  respective  time  periods  
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Discharge/Condenser  temperature  variations  with  same  ambient  temperatures    
  

                  
Condenser  temperature  variation  along  with  heat  extraction  and  COP  during  ASHP  operation  
  
  
  

Figure  4:  Comparison  of  ASHP  performance  under  different  water  discharge  period  for  DHW  supply  
only  during  summer  with  same  ambient  temperatures  
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3.3.   Heat  Supply  by  ASHP  for  Space  Heating  and  Domestic  Hot  Water  during  Winter  
Period    
  
During  winter  period  the  heat  supplied  by  the  ASHP  is  used  for  the  house  space  heating  and  hot  
water  withdraw  (Fig.  1).  The  effect  of  ambient  temperature  to  the  performance  of  ASHP  has  been  
studied  on  the  period  in  February.  Fig.  5  represents  the  performance  of  the  ASHP  at  the  ambient  
temperatures   at   around   3   and   6   ℃.   The   AHSP   is   operated   at   the   setting   point   of   60/40   ℃.   The  
periods  of  the  ramp  up  and  on-off  cycle  are  shorter  while  the  discharge  temperature  is  lower  with  
higher   heat   extraction   for   the   household   when   the   ambient   temperature   is   at   6   ℃   than   at   3   ℃.  
Meanwhile  the  temperature  rising  rates  are  higher  for  the  discharge  and  condenser  temperatures  
at  6  ℃  than  at  3  ℃.  
  
  

  

  

Figure  5:  Ambient  temperature  influence  onto  the  ASHP  performance  during  winter  operation  
between  3  and  6  ℃	
  

  
  
3.4.   Heat  Supply  by  ASHP  for  Space  Heating  and  Domestic  Hot  Water  during  Mild  Period  
Ramp  up  has  some  influence,  but  during  on-off  cycle,  there  is  no  significant  difference.    
The  EVI  ASHP  performance  during  mild  period  of  the  year  has  been  presented  and  compared  with  
different   ambient   temperatures   in   Fig.   6.   The   hot   water   inlet   temperature   rising   is   quicker   in   the  
higher  ambient  temperature  than  in  the  lower  ambient  temperature.  During  off  cycle  period  the  heat  
is   still   extracted   from   the   water.   The   heat   extracted   by   the   space   heating   system   and   hot   water  
tank  from  the  supplied  hot  water  reaches  to  around  12  kW  during  the  engaged  period  for  both  of  
the   ambient   temperatures   at   around   9C   and   14   ℃.   During   the   off   cycle   the   circuit   pump   is   still  
running   and   the   heat   extracted   for   space   heating   system   can   be   seen   at   around   3kW.   The   heat  
extraction   is   a   bit   higher   for   the   low   ambient   temperature   situation   than   the   high   ambient  
temperature   situation,   but   there   is   no   significant   difference   with   the   ambient   temperature   at   9   ℃  
and  14  ℃.  However  the  discharge  temperature  in  the  vapor  compression  cycle  is  higher  above  3  ℃  
when  the  ambient  temperature  difference  is  5  ℃.  
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Figure  6:  The  performance  of  EVI  ASHP  for  space  heating  and  domestic  hot  water  during  mild  period  

  
  
3.5.   Performance  Comparison  of  the  ASHP  for  Combined  Space  Heating  and  Domestic  
Hot  Water  and  for  Hot  Water  only    

The  hot  water  supplied  by  the  heat  pump  is  delivered  to  the  house  to  meet  the  heat  demand  with  
constant   water   circuit   pump.   The   performance   of   the   ASHP   with   the   supplied   heat   for   hot   water  
only  and  for  the  combined  hot  water  and  space  heating  with  the  heat  pump  operation  setting  points  
at   65/45   ℃   are   analysed.      The   system   under   the   ambient   temperatures   at   7°C   and   3°C   are  
selected  to  reflect  the  two  cases  respectively.  The  hot  water  inlet  and  outlet  and  heat  supplied  by  
the  ASHP  with  ambient  temperatures  are  presented  in  the  Fig.  7.  From  the  figure  it  can  be  seen  
that   during   the   cold   ambient   temperature   at   around   3   ℃,   the   heat   delivered   by   the   ASHP   to   the  
house   used   for   hot   water   and   space   heating   is   higher   than   the   warm   ambient   temperature   at  
around  7  ℃.  The  temperature  ramp  up  rate  of  the  water  inlet  is  lower  with  the  ambient  temperature  
at  3  ℃  than  at  7  ℃,  i.e  it  takes  longer  time  for  the  inlet  water  reaching  the  set  point  of  65  ℃  during  
the  ramp  up  and  on-off  cycle.  The  inlet  water  temperature  rising  ratio  keeps  lower  during  the  on-off  
cycle  with  the  high  heat  demanding  situation  than  for  the  low  heat  demanding  which  is  only  for  hot  
water  supply.  
  

  

Figure  7:  The  comparisons  of  ASHP  performance  with  the  hot  water  supply  only  and  combined  hot  
water  and  space  heating  supply  with  65/45  ℃  setting  points  
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4.   CONCLUSIONS  

  
A  laboratory  evaluated  EVI  ASHP  system  has  been  integrated  into  a  typical  UK  residential  house  
for   field   trials.   The   issues   and   performance   of   the   system   on   variable   ambient   conditions   and  
operation   conditions   have   been   analysed   and   discussed   in   detail.   The   performance   of   the   EVI  
ASHP   with   the   heat   demanding   by   the   space   heating   and   hot   water   have   been   analysed.   It   is  
expecting  that  these  information  can  provide  support  information  to  optimise  the  system  operation  
in   the   future.   It   has   shown   that   such   an   EVI   ASHP   unit   is   capable   of   heating   a   typical   N.   Ireland  
family   home   and   contributes   the   carbon   emission   reduction   in   the   building   sector,   although   more  
data  from  field  trials  needs  to  be  collected  to  consolidate  the  optimised  operation  strategies.  
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ABSTRACT
Frosting is an unavoidable problem for air source heat pumps, especially in high humidity
environment. It is necessary to develop efficient method for frosting suppression as well as defrosting.
In this study, frosting suppression was achieved by adjusting the operation strategies of multi-parallel
compressors. Field tests were conducted in Guiyang, China, where the average relative humidity in
winter is over 80%. Two ASHP units with four fixed-speed compressors were chosen as comparing
samples. Two operation strategies were compared for the frosting suppression performances of the
units at part load. Test results shown that operation strategies can significantly affect the frosting
suppression performance of the ASHPs. By optimizing the operation strategies, the frosting rate and
the frosting-defrosting loss efficiency decreased by 38 % ~ 39 % and 31 % ~ 34 % thus leading to
the heating efficiency and COP improving about 14 % ~ 22 % and 5 % ~ 14 %, respectively.
Keywords: Air Source Heat Pump, Frosting Suppression, Operation Strategy, Multi-Parallel
Compressors.

1. INTRODUCTION
Air source heat pumps (ASHPs) have been widely used in buildings for space heating, due to their
advantages of energy-saving and environmental protection in many parts of world. The European
Union, Japan and China have successively identified ASHPs as a renewable energy technology.
Recently, China has been promoting clean energy heating in an all-around way to reduce air pollution
as a result of using coal for winter heating. With a series of related policies supported by Chinese
government, such as “the Northern Area Winter Clean Energy Heating Plan 2017-21” issued in 2017,
ASHPs has become the main utilization technology in clean energy heating projects and its
application scale was further promoted. According to statistics, there were more than 1 million ASHP
units have been applied to replace coal-fired home heating stoves from 2016 to 2018 in Beijing, and
the total annual sales of ASHP units grow up to 2.9 million for Chinese manufactures in 2017,
representing an increase of 43.7% from that in 2016 (Wang et al., 2019). It is expected that the
Chinese ASHP market will continue to grow at a yearly increasing rate of more than 20 % over the
next five years (Li, 2018).
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When a space heating ASHP unit is operated in an ambient air with high humidity, frosting of its
outdoor coil can be accumulated, as the temperature of the outdoor coil surface is both below a
temperature of water freezing and ambient air dew point. Frosting blocks air flow passage of an
outdoor coil of an ASHP unit, leading to the output heating capacity and coefficient of performance
(COP) decreased by 30% ~ 60 % (Wang et al., 2013) and even its shutting down or damage (Li et
al., 2014). Therefore, it is necessary to alleviate the negative effects of frosting and improve operating
performances of frosting-defrosting cycles for an ASHP unit during its space heating operation.
Frosting suppression is a passive way to retard or suppress the frost growth on the ASHP, which is
very helpful to improve frosting-defrosting performances of ASHP. Currently, a number of scholars
have made extensive meaningful exploration on frosting suppression. These measures may be
summarized as follows:
(1) Pretreating the inlet air. Some researchers tried to prevent frosting by using air pretreatment
systems to dehumidify (Zhang et al., 2012) or heat the air before entering the outdoor coil of an
ASHP unit (Wang et al., 2015). However, these measures of changing ambient air parameters were
usually complex at high initial costs, and additional installation spaces were required. Furthermore,
additional energy was also required to regenerate desiccant or to preheat inlet air. Consequently,
this measure has not been widely used.
(2) Modifying surface properties. With respect to the former, studies on surface treatment using both
hydrophilic and hydrophobic coatings have been extensively reported (Okoroafor et al., 2000; Wang
et al., 2018). However, both hydrophilic and hydrophobic coatings have their own problems such as
short service life, weak surface strength, poor durability, complex manufacturing process with high
cost, etc. Therefore, while surface treatment is believed to be promising in suppressing frosting in
the near future, and there are actually extensive related research activities going on, their current
applications are limited.
(3) Employing additional external means. These external means would include ultrasonic vibration
techniques (Wang et al., 2012), or to impose electrical and magnetic fields (Wang et al. 2004; Zhao
et al. 2015). However, in practice, the use of ultrasonic vibration was of high initial and running costs,
inconvenient with complex control, and the mechanism of applying electrical and magnetic fields to
suppressing frosting was not adequately understood.
(4) Supplying heat for refrigerant in evaporator. The approaches were achieved by employing a
heating accumulator to heat the refrigerant directly (Mei et al., 2002) or adding a hot gas bypass to
inject a portion of the high temperature refrigerant into the evaporator (Byun et al., 2008). However,
the improvement of frosting suppression is at the expense of additional energy or inherent output
heating capacity, these approaches are also not used in practice as ideal options.
As a result, in practice, there have been few of the above studies that can be applied efficiently.
Therefore, to further explore the efficient way of frosting suppression for ASHPS, a field study on
frosting suppression for ASHPs by adjusting operation strategies of ASHP with multi-parallel
compressors has been carried out and the study results are presented in this paper. The organization
of the paper is as follows. Firstly, a detailed description of the field tests covering field meteorological
condition, field ASHP unit, operation strategies and test cases, data reduction and instrumentations
is presented. This is followed by reporting the field study results and their related discussion. Finally,
a conclusion is given.

2. FIELD TEST
2.1 Environmental Condition
A field test was carried out in an office building in Guiyang. The city located in the typical mild and
humid regions in China. The average ambient temperature (Ta) and relative humidity (RH) were 4.5
o
C and 80 % during heating seasons, respectively. The ambient temperature was moderate,
especially suitable for ASHP at heating mode. However, due to the high humidity in the region,
frosting is a major problem for ASHPs operating in heating seasons. As shown in Fig.1, the
meteorological parameters of typical annual during heating season in Guiyang were presented in
the frosting map (Zhu et al., 2015). It indicated that most operating conditions for ASHPs distributed
at the severe frosting zone, and the proportion of operating conditions at the severe frosting zone
accounted for 76% of that at the total frosting zone. Therefore, severe frosting will occur on the
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surfaces of outdoor coils for the ASHPs operating under these conditions, and the operating
performances will be deteriorated seriously without an efficient way to reduce the negative effects of
frosting.

Figure 1: Meteorological parameters of Guiyang shown in the frosting map

2.2

Test Units and Instruments

To study the effect of the operation strategies on frosting suppression performances for the ASHPs
with multiple compressors, two commercial ASHP units with same heating capacity were designed
to supply heat for the building, which also had same configuration. The nominal input power and
output heating capacity of each field ASHP unit were 15.7 kW and 54 kW, respectively. The nominal
air flow rate of its outdoor axial fan was 21200 m3 h-1. The schematic of one field ASHP unit and
photograph of the field ASHP units were presented in Fig. 2. Each field ASHP unit was configured
with four fixed-speed compressors, two outdoor axial fan and two outdoor coils, which were equally
distributed in two independent refrigerant loops. Each refrigerant loop owned two parallel
compressors, one outdoor coil. The outdoor coils of each loop gained thermal energy from
environment by convection of independent fans, and exchanged thermal energy by a coupled indoor
coil with a water loop for the building simultaneously. Before the test, the operations of the two ASHP
units were confirmed as normal and refrigerant charge volumes were same. During all tests, the field
ASHP units started and stopped at the same time under same environment, and the return water
temperature of the two ASHP units was setup at 40 ºC.

Figure 2: Schematics of the field ASHP unit

To compare the performances of the two ASHP units, a number of operating parameters of the two
ASHP units were monitored during the field test, mainly including the Ta and RH, the Tcoil, the
compressor discharge and suction temperatures, the air side pressure drop across the outdoor coil,
the supply and return water temperatures, the mass flow rate of water, the mass of melted frost
collected in a frosting–defrosting cycle, the input power to the compressors, water pump and fans of
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the field ASHP units. The installation positions of sensors were as shown in Figure 2. In addition,
photographs of frosting on the outdoor coil surfaces of the two ASHP units were also taken to observe
the frosting status of the outdoor coil surface. An automatic data acquisition system was used, with
the monitoring devices/sensors detailed in Table 1.
Table 1. Information on the monitoring devices

Device
Temperature sensor
Temperature/humidity sensor
Air Pressure difference
Power meter
Water flow meter
Video camera
Electronic scale

Number
16
1
4
5
2
2
2

Accuracy
±0.15 ºC
±0.15 ºC / ±5 %
±1 Pa
±1.0 %
±0.5 %
-±0.1 g

Full scale
−40 ~ 140 ºC
−20 ~ 70 ºC / 0 ~ 100 %
0 ~ 100 Pa
-0.5 ~ 10 m3 h−1
15 megapixels
0 ~ 60 kg

2.3. Operation Strategies
For an ASHP unit equipped with multi-parallel compressors operating in different refrigerant loops,
the number of operating compressors could be adjusted to adapt to the variation of the building
requirements. Meanwhile, in case of the same number of operating compressors for the ASHP unit,
by making the utmost use of the configured outdoor coils, the decrease of the heat transfer
temperature difference (ΔT) could be achieved (Wang et al., 2006). According to the previous
research results of Zhu et al., (2015), decreasing the heat transfer temperature difference (ΔT) was
an efficiently way for suppression or retardation of frosting. Therefore, for the ASHP unit operating
at part load, the optimization of operation strategies by changing the combinations of compressors,
fans and outdoor coils could achieve the suppression or retardation of frosting under the frosting
condition, thus resulting in the improvement of operating performances.
As shown in Fig. 3, there are two operation strategies for the test units operating in part load
conditions. One is traditional strategy (S1), in which only one refrigerant loop put into operating with
two parallelly connected compressors. While, the other refrigerant loop shuts down. In the other
strategy (S2), two refrigerant loops were all put into operating, and for each loop only one compressor
is operating. By contrast, the total air flow rate and the heat exchange area of the outdoor coils for
the unit operating in S2 were enlarged. This may cause the decrease of ΔT and the improvement of
the output heating capacity. Therefore, it will be very helpful for frosting suppression and the
improvement of the unit's performances operating in S2.

Figure 3: Operation strategies of the field ASHP units

2.4.

Test Cases

To investigate the advantage of frosting suppression for the field ASHP unit operating in S2, two test
cases located in different frosting zones of frosting map (Zhu et al., 2015) were designed in this field
study. The first case (Case 1) was located in severe frosting zone in frosting map, in which the
average Ta and RH were about 1.92 °C and 87.66 %, and the second case (Case 2) was located in
moderate frosting zone in frosting map, in which the average Ta and RH were about -1.46 °C and
69.87%. The details of the cases are shown in Table 2.
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Table 2. Operating conditions of the field ASHP units

Case No.
1
2
2.5.

Ta （°C）
Range
Average
1.79~2.22
1.92
-1.61~-1.06
-1.46

RH （%）
Range
86.11~88.7
66.42~73.14

Average
87.66
69.87

Data Reduction

According to Li et al., (2014) and Bai et al., (2018), the frosting-defrosting loss coefficient εL, heating
efficiency η, and COP can be evaluated as follows:
L =

QL1  QL 2
QNF


COP =

QDF
QNF
QDF



t

0

Wdt

Eq. (1)
Eq. (2)
Eq. (3)

Where ΔQL1 is the heating energy loss during a frosting period, ΔQL2 is heating energy loss during a
defrosting period, QNF is the total heating energy gained in the same cycle with no frost, QDF is the
effective heating energy during a frosting-defrosting cycle, t is the operating duration (min) of the
ASHP units including the frosting-defrosting cycles, W is the instantaneous input power (kW) of the
ASHP unit.
Moreover, the frosting rate vf is used to describe the degree of frosting during the heating cycle. It is
calculated as follows:

vf =

M dfw
thc  Acoil

Eq. (4)

Where Mdfw is the mass of melted frost collected in a frosting–defrosting cycle, Acoil is the heat transfer
area of the outdoor coil.

3 TEST RESULTS AND DISCUSSION
Figure 5 shows the test results of Case 1. As seen from Fig. 5-1a, the Ta and RH is also relatively
stable, which ranged from 1.79 °C to 2.22 °C, 86.11 % to 88.70 %, respectively. Moreover, the
operating duration of the field ASHP units in this case is 195 min.
In Figure. 5-1, typical operating parameters, including air side pressure drop across the outdoor coil
(ΔP), compressor discharge temperature (Tdis), compressor suction temperature (Tsuc), ΔT, output
heating capacity (q) and COP, are compared in S1 and S2. Figure. 5-1b shows the comparison of
ΔP. The ΔP was increased by 28.95 Pa ~ 31.4 Pa and 10.57 Pa ~ 12.1 Pa, and the average increase
rate of ΔP was achieved about 0.74 Pa/min and 0.21 Pa/min, respectively. It suggested that slower
accumulation rate and lower frosting degree on outdoor coil surfaces were achieved in S2 compared
to that in S1 thus achieving the improvement of operating conditions and performances. As seen from
Figure. 5-1c, the increase of Tdis(S1) was 38.6 ºC ~ 51.8 ºC, and that of Tdis(S2) was 20.7 ºC ~ 25.1 ºC.
Correspondingly, the decrease of Tsuc(S1) was 18.9 ºC ~ 20.7 ºC, and that of Tsuc(S2) was 7.1 ºC ~ 8.7
ºC. The field ASHP unit in S2 led to a lower Tdis and a higher Tsuc compared to that in S1. The ΔT of
the field ASHP units is shown in Figure. 5-1d. When the field ASHP units were operated in S1 and
S2, the key parameter ΔT indicating the frosting degree was monitored. Results show ΔT(S1) and
ΔT(S2) increased by 17.24 ºC ~ 17.79 ºC, 3.8 ºC ~ 4.1 ºC, respectively. The field ASHP unit in S 2 led
to a lower ΔT compared to that in S1. In addition, Figure. 5-1e and f presents the q and COP. The q
and COP of the field ASHP unit in S2 were higher than that in S1. The qave was increased by 15 %
from 23.5 kW to 27 kW, while the COPave was increased by 14 % from 3.15 to 3.6. Meanwhile the
average input power in S1 and S2 can be calculated, which was the same reaching 7.5 kW.
Images of the outdoor coil surface, frosting rate (vf), frosting-defrosting cycles (t), heating efficiency
(η), and the frosting-defrosting loss frosting-defrosting loss coefficient (εL) are shown in Figure 5-2.
It is clear that the degree of frosting on outdoor coil surfaces in S2 is much less than that in S1 shown
in Figure. 5-2a. Fig. 5-2b and c show that the average frosting rate (vf_ave) in S2 was decreased by
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39% from 0.95 g m-2 min-1 to 0.58 g m-2 min-1 compared to that in S1, while the average frostingdefrosting cycle was prolonged from 49 min to 63.7 min. Furthermore, Figure. 5-2d and e present

1) Ta, RH, ΔP, Tdis, Tsuc, ΔT, q and COP

2) Images, vf, t, η and εL

Figure 5: Test results of the field ASHP units in
Case 1

1) Ta, RH, ΔP, Tdis, Tsuc, ΔT, q and COP

2) Images, vf, t, η and εL

Figure 6: Test results of the field ASHP units in
Case 2
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that the field ASHP unit in S2 leads to a higher η and a lower εL compared to that in S1. The average
heating efficiency (ηave) was increased by 22 % from 0.65 to 0.79. The average frosting-defrosting
loss efficiency (εL_ave) was decreased by 34 % from 0.38 to 0.25.
Figure. 6 shows the test results of Case 2. As seen from Figure. 6-1a, the Ta and RH is also relatively
stable, which ranged from -1.61 °C to -1.06 °C, 66.42 % to 73.14 %, respectively. Moreover, the
operating duration of the field ASHP units in this case is 200 min.
The detailed comparison of the operating parameters in S1 and S2, including ΔP, Tdis, Tsuc, ΔT, q and
COP, are shown in Figure 6-1. With the same analysis as the former, the ΔP(S1) and ΔP(S2) increased
by 5.72 Pa ~ 8.79 Pa and 3.16 Pa ~ 4.12 Pa, and the average increase rate of ΔP was achieved
about 0.14 Pa/min and 0.04 Pa/min, respectively. The results suggested that the frosting degree on
the two coil surfaces was not severe in this case. However, better operating conditions and
performances of the field ASHP units in S2 were still achieved. As shown in Figure 6-1b to d, the field
ASHP unit in S2 led to a higher Tsuc and a lower Tdis, ΔT compared to that in S1. Meanwhile, the qave
of the field ASHP unit in S2 was increased by 11 % compared to that in S1, while the COPave was
increased by 5 %. The average input power in S1 and S2 was basically the same. Images of the
outdoor coil surface, vf, t, η and εL are shown in Figure 6-2. It is clear that the degree of frosting on
outdoor coil surfaces in S2 is lower than in S1. Results shown that the vf_ave in S2 was decreased by
38% compared to that in S1, while the average frosting-defrosting cycle was prolonged from 50.3
min to 84 min. Meanwhile, the ηave was increased by 14 % and the εL_ave was decreased by 31 %.
As seen from the test results of Case 1 and 2, in the same environmental conditions, the degree of
frost accumulated on outdoor coil surfaces for the field ASHP unit in S2 was less than that in S1 thus
achieving better operating performances. The improvement of the frosting suppression performance
for the field ASHP unit was attributed to the optimization of operation strategies by changing the
combinations of compressor, fan and outdoor coil at part load to decrease ΔT. Although the input
power of fans was increased for the field unit operating in S2, due to the configured outdoor coils and
fans fully utilized the total q and COP were still improved without any additional cost. Therefore, in
severe frosting regions, the ASHP unit can be more adaptable to frosting conditions by optimizing
the operation strategies.

4 CONCLUSIONS
In this paper, a field study on frosting suppression for ASHPs by adjusting operation strategies of
ASHP with multi-parallel compressors is presented. The study was based on the two field ASHP
units with same configuration, installed in Guiyang City in Southwest China, which is in a mild and
humid region. The operating performances of the field units in two operation strategies were
compared, when operated in two test cases respectively. By comparing the measured operating
performances of the field ASHP units in same conditions, the frosting rate and the frosting-defrosting
loss efficiency decreased by 38 % ~ 39 % and 31 % ~ 34 % thus leading to the heating efficiency
and COP improving about 14 % ~ 22 % and 5% ~ 14%, respectively. It could be concluded that the
way of adjusting operation strategies of multi-compressors had significant potential to achieve the
frosting suppression for ASHP, further could improve the performances of the ASHP units operating
under the severe frosting regions.
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NOMENCLATURE
A
M
ΔP
q

area (m2)
mass (kg)
Air pressure difference (Pa)
heating capacity (kW)

t
RH
v
W

time (min)
relative humidity (%)
frosting rate (g m-2 min-1)
power (kW)
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Q
ΔT
ε

heating energy (J)
heat transfer temperature difference (°C)
frosting-defrosting loss efficiency

η
T

heating efficiency (%)
temperature (°C)
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ABSTRACT
Heat pumps are often integrated into boundary conditions with a temperature glide, resulting in
inevitable inefficiencies due to heat transfer. Zeotropic mixtures have the potential to match the
temperature profiles but require a screening procedure to select the best performing working fluid
during the heat pump design. Hybrid compression-absorption heat pumps are an alternative
technology, in which a recirculation pump can adjust the temperature profile of a pre-selected
working fluid e.g., ammonia/water. This cycle is more complex but enables to avoid the working fluid
screening. This paper compared the two approaches with each other and to pure working fluids to
evaluate the potential under different boundary conditions. Both systems outperformed conventional
systems using pure fluids. The optimal zeotropic mixtures were found to show the highest
thermodynamic performances while the hybrid cycle with ammonia/water enabled more compact
compression equipment.
Keywords: Heat Pump, Temperature Glide Matching, Working Fluid, Zeotropic Mixture.

1. INTRODUCTION
Heat pumps were found to be a future-proven technology enabling emission free and effective supply
of heat. These characteristics facilitate their utilization in district heating and industry. The
applications of heat pumps in district heating and industrial systems do however often imply that the
heat source and the heat sink are experiencing temperature glides. Although the temperature glides
imply a potential for considerably improving the thermodynamic performance of the heat pump, it is
seldom exploited by conventional heat pump equipment originating from refrigeration applications.
Most vapour compression heat pumps are using pure working fluids or azeotropic working fluids
mixtures, which are characterized by a constant temperature during evaporation and condensation.
The resulting mismatch of the temperature profiles of the working fluid with the profiles of the sink
and source stream corresponds to an increased amount of irreversibilities due to heat transfer and
thereby to a limited thermodynamic system performance. Several studies, such as (Högberg et al.,
1993; McLinden and Radermacher, 1987), have demonstrated the potential for improving the
thermodynamic performance by selecting a zeotropic working fluid mixture with a good match of the
temperature profiles with sink and source. Zühlsdorf et al. (2019) compared different approaches for
the comparison of the working fluids and defined an approach to find the thermodynamically optimal
working fluid on an economically fair basis. Zühlsdorf et al. (2018c) and Zühlsdorf et al. (2018d)
presented working fluid screenings for different applications and outlined the potential to increase
the thermodynamic performance by more than 30 % for simple cycle layouts. Zühlsdorf et al. (2018a)
studied the impact of the temperature glide matching on the thermodynamic performance and found
that the glide matching in the evaporator had a dominating impact.
The state of the art indicated that amount of irreversibilities due to heat transfer could be reduced to
a minimum by a sophisticated working fluid choice for most of the applications. Considering a more
sophisticated cycle layout might however yield additional performance improvements or enable
obtaining a similar effect while requiring a smaller number of fluids considered during the screening.
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Ammonia-water hybrid absorption-compression heat pumps are an example in which the cycle
layout was adjusted to accommodate with the peculiarities of the ammonia-water mixture. Mixtures
of ammonia and water have typically large and non-linear temperature glides, which may be
controlled by a pump that operates in parallel to the compression process and determines the outlet
quality of the evaporator. Hulten and Berntsson (1999) compared the performance of absorption
heat pumps with vapour compression heat pumps using pure fluids and found the absorption heat
pump to have an improved performance in applications with temperature glides larger than 10 K.
Jensen et al. (2015a) determined the possible performances and supply temperatures using different
commercially available equipment. Jensen et al. (2015b) analysed the working domains of ammoniawater hybrid heat pumps and indicated possible supply temperatures of up to 150 °C.
This paper aimed to create a basis for the comparison of ammonia-water hybrid compressionabsorption heat pumps with a simpler cycle layout in combination with a sophisticated working fluid
screening among working fluid mixtures by an analysis of the thermodynamic performances. Two
cases were defined for which a simple cycle with a set of potential working fluid mixtures was
compared to the hybrid heat pump using ammonia/water under consideration of thermodynamic and
technical performance indicators.

2. METHODS
2.1.

Case Study Description

The state of the art indicated that the choice of the optimal cycle and working fluid are dependent on
the specific boundary conditions. As a basis for the comparisons, two cases studies were defined.
The heat sink was assumed to be heated from 45 °C to 75 °C in both cases. The heat source was
assumed to be cooled from 20 °C to 10 °C in Case I and from 35 °C to 10 °C in Case II. These cases
correspond to applications as they could be found for supply to district heating networks from e.g.,
wastewater treatment plants in Case I (Bühler et al., 2018) and from e.g., data centres in Case II
(Zühlsdorf et al., 2019).
2.2.

Heat Pump Cycles and Modelling Assumptions

This chapter introduces the considered cycles including the assumptions for the thermodynamic
modelling. As a reference, a basic cycle with an internal heat exchanger was chosen, as it was found
to be promising in cases as described before (Zühlsdorf et al., 2019). Fig. 1 shows the layout of the
internal heat exchanger (IHX) cycle. It is a single-stage vapour compression cycle with an internal
heat exchanger, which recovers heat from the liquid line before the expansion for preheating the
suction line in front of the compressor. The amount of heat transferred in the internal heat exchanger
was defined by the minimum pinch point temperature difference and the definition to yield vapour in
saturated conditions at the evaporator outlet.
Fig. 2 presents the layout of a hybrid vapour compression-absorption heat pump as it is commercially
used with a working fluid mixture of ammonia and water. A pump is installed in parallel to the
compressor, enabling to control the outlet state of the evaporator. The state can move into the twophase zone, allowing variation of the temperature glide on the source side. The internal heat
exchanger is installed to subcool the liquid before the throttling valve and preheat the liquid line after
the pump. The liquid line is subsequently mixed with the discharge from the compressor and fed to
the absorber. The working fluid mixture condenses during the heat rejection to the heat sink within
the absorber. The liquid stream (state points 8-10) has a lower concentration of ammonia, while the
concentration is higher in the gas stream (state points 1-2). The concentration in the remaining state
points will be considered as the design concentration in the presentation of the results. The ratio of
the liquid stream with the lean ammonia concentration 𝑚̇9 to the stream of the desorber 𝑚̇8 defines
the recirculation ratio f. The recirculation factor was optimized with respect to a maximum COP.
𝑚̇8
𝑓=
Eq. (1)
𝑚̇7
The models of both cycles consisted of energy and mass balances. The heat transfer processes
were discretized in steps of equal heat transfer. The pressure levels were defined by minimum pinch
point temperature differences within the heat exchangers. No heat losses from the components and
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no pressure drops were considered. The numerical models of the IHX-cycle and a documentation
were presented in (Zühlsdorf et al., 2018b). The models were implemented in Matlab 2018a (The
MathWorks Inc., 2018) using medium properties from REFPROP 9.1 (Lemmon et al., 2013).
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Table 1 shows the component parameters that were assumed in the thermodynamic models. Both
the pump and the compressor were modelled with an isentropic efficiency of 80 % and additionally
considered a motor efficiency of 95 %. The heat exchangers were modelled with a minimum pinch
point temperature difference of 3 K.
Table 1. Modelling assumptions

Isentropic efficiency of compressor and pump:
Motor efficiency:
Minimum pinch point temperature differences:

80 %
95 %
3K

Different performance indicators were considered for the evaluation of the performance. The
thermodynamic performance was evaluated by the coefficient of performance COP, which relates
the amount supplied heat 𝑄̇sink to the sum of the power consumed by the compressor 𝑊̇Comp and
the pump 𝑊̇Pump .
𝑄̇sink

Eq. (2)
𝑊̇Pump + 𝑊̇Comp
The maximum achievable COP is defined by the Lorenz COPLor, which is defined by the theoretically
ideal Lorenz cycle working with an isentropic compression and expansion between the
thermodynamic average temperatures of sink 𝑇̅Sink and source 𝑇̅Source (Bejan et al., 1996; Lorenz,
1894). The Lorenz efficiency ηLor relates the COP to the COPLor and thereby enables comparing the
performance of cycle working between different sink and source temperatures.
COP =

𝜂Lor =

COP
COP
=
COPLor 𝑇̅Sink
⁄̅
(𝑇Sink − 𝑇̅Source )

Eq. (3)

Besides the thermodynamic performance, the volumetric heating capacity VHC was used as an
indicator of the size of the compression equipment and thereby of the heat pump. It relates the
supplied heat 𝑄̇sink to the volume flow at the inlet of the compressor 𝑉1̇ .
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VHC =

𝑄̇sink
𝑉1̇

Eq. (4)

The pressure levels in the evaporator pevap and in the condenser pcond were considered as further
indicators of the technical feasibility of the cycle.
2.3.

Working Fluid Screening

As a baseline, pure R-717 (ammonia) was evaluated for a standard cycle, which corresponds to the
IHX cycle without the internal heat exchanger. The IHX-cycle was evaluated for a set of working
fluids, which consisted of a number of pure fluids and all possible binary mixtures of these fluids.
The following pure fluids were considered: R-744 (CO2), R-1270 (propylene), R-290 (propane), RE170 (DME), R-600a (iso-butane), R-600 (butane), R-601a (iso-pentane), R-601 (pentane).
These results were compared to the hybrid heat pump cycle using binary mixtures of R-717
(ammonia) and R-718 (water). Possible mixtures of R-717 and R-718 with one of the before
mentioned working fluids were omitted, due to limited miscibility.

3. RESULTS
3.1.

Case I: TSource 20 °C → 10 °C, TSink 45 °C → 75 °C

Figure 3 shows the summary of the screening results for Case I. All binary mixtures that were
evaluated for the IHX-cycle are included while selected mixtures are highlighted in colour.
Additionally, the COP for the mixture of ammonia/water in the hybrid cycle is shown. The figure
indicates that the best COPs for pure fluids are around 4.0 while the best zeotropic mixtures reach
values of up to 4.5 in the IHX-cycle. It may furthermore be seen, that the hybrid heat pump cycle
using 90 % ammonia / 10 % water is competitive to pure fluids in terms of COP.

Figure 3: COP over mass composition of component 2 for the IHX-cycle and the hybrid cycle using
ammonia/water

Table 2 presents additional performance indicators such as the volumetric heating capacity VHC,
the evaporation pressure pevap and the condensation pressure pcond for selected working fluid
mixtures, which showed promising results in all indicators. Additionally the Lorenz efficiency ηLor was
presented, considering the COPLor = 7.43 for Case I. The pure fluids reached Lorenz efficiencies of
up to 55 % while the best mixtures exceed 60 %. Ammonia had a COP = 3.8, which is slightly lower
than for the best pure fluids, but in turn had a high volumetric heating capacity indicating compact
and cost-effective equipment.
The best COP of 4.5 was reached by 50 % butane / 50 % pentane, while the mixture had a
VHC = 920 kJ∙m-3. The mixture 30 % propane / 70 % butane had a slightly lower COP of 4.3 but a
higher VHC of 3700 kJ∙m-3.The hybrid heat pump with 90 % ammonia / 10 % water and f = 0.32
reached a COP of 4.0 while the VHC was 4800 kJ∙m-3. The pressures of all presented fluids were
found to be within technical feasible constraints.
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Table 2. Overview of key performance indicators for selected working fluid mixtures

Mixture

Std-cycle
Ammonia
IHX-cycle:
Iso-pentane
Iso-butane
DME
Propane
50 % Butane / 50 % Pentane
30 % Propane / 70 % Butane
80 % DME / 20 % Iso-pentane
50 % Propylene / 50 % Butane
Hybrid cycle:
90 % Ammonia / 10 % Water

f
-

COP
-

-

3.76

51

6049

5.5

33.5

-

4.05
4.00
3.93
3.89
4.50
4.32
4.33
4.28

55
54
53
52
61
58
58
58

551
1880
3150
4513
924
3656
2760
2971

0.5
2.0
3.9
3.9
0.8
4.5
3.0
3.5

3.9
8.6
11.4
18.2
5.0
18.3
14.0
15.1

0.32

4.01

53

4797

4.8

23.2

ηLor
%

VHC
kJ∙m-3

pevap
bar

pcond
bar

Fig. 4 shows the temperature-heat-diagram of 50 % butane / 50 % pentane for the IHX cycle and
Fig. 5 for 90 % ammonia / 10 % water for the hybrid compression-absorption cycle. The temperature
profiles of the working fluid and the secondary streams were matching well, indicating minor losses.

Figure 4: Temperature-heat-diagram of 50 %
butane / 50 % pentane for the IHX cycle

3.2.

Figure 5: Temperature-heat-diagram of 90 %
ammonia / 10 % water for the hybrid cycle

Case II: TSource 35 °C → 10 °C, TSink 45 °C → 75 °C

Figure 6 and Table 3 show the corresponding results for Case II. The performance of the pure fluids
was not impacted by the higher source inlet temperature and remained constant. The zeotropic
mixtures in the IHX-cycle and the hybrid cycle using ammonia/water were however able to exploit
the potential offered by the higher source inlet temperature. Promising results were the COP of 5.3
for 40 % DME / 60 % iso-pentane with a VHC = 1900 kJ∙m-3 and the COP of 5.0 for 70 % propane /
30 % iso-pentane with a VHC = 3600 kJ∙m-3. The hybrid heat pump using 60 % ammonia / 40 %
water reached a COP of 4.4 with a VHC = 2500 kJ∙m-3 at f = 0.65, while 80 % ammonia / 20 % water
had a slightly lower COP of 4.3 but a higher VHC = 4100 kJ∙m-3 at f = 0.41.
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Figure 6: COP over mass composition of component 2 for the IHX-cycle and the hybrid cycle using
ammonia/water
Table 3. Overview of key performance indicators for selected working fluid mixtures

Mixture

Std-cycle
Ammonia
IHX-cycle:
Iso-pentane
Iso-butane
DME
Propane
40 % DME / 60 % Iso-pentane
70 % Propane / 30 % Iso-pentane
20 % Propylene / 80 % Iso-pentane
50 % Iso-butane / 50 % Pentane
Hybrid cycle:
60 % Ammonia / 40 % Water
80 % Ammonia / 20 % Water

Figure 7: Temperature-heat-diagram of 40 %
DME / 60 % Iso-pentane for the IHX cycle
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-

3.76
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6049

5.5
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46
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0.5
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3.9
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0.41

4.39
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%
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pevap
bar
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Figure 8: Temperature-heat-diagram of 60 %
Ammonia / 40 % Water for the hybrid cycle

The maximum thermodynamic performance was COPLor = 8.9. The relative performances in terms
of Lorenz efficiencies decreased for the pure fluids while the remained within the same magnitude
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for the mixtures and the hybrid cycle. The pressure levels were found to be technically feasible, while
ammonia in the standard cycle had the highest condensation pressure.
Figure 7 shows the temperature-heat-diagram for 40 % DME / 60 % iso-pentane in the IHX-cycle
and Figure 8 for 60 % ammonia / 40 % water in the hybrid cycle. Both cycles are matching well with
the temperature profiles of sink and source. While the presented mixtures had a slight mismatch on
the sink side in Case I, the profiles are matching well on both sides for Case II.

4. DISCUSSION
The study considered the thermodynamic performance and different technical performance
indicators for the evaluation and comparison of different working fluids and cycle layouts. Further
aspects, such as the flexibility to accommodate with the peculiarities of the specific application during
design and operation might be considered in further comparisons. While the standard cycles might
be easier to design and operate, the hybrid cycle has a higher flexibility by controlling the circulation
factor. While the mixture of ammonia and water was not competitive assuming simple cycles,
competitive performances were found using the more complex hybrid cycle. In Case I with a
temperature glide of 10 K on the source side, the hybrid heat pump cycle was competitive to the
pure fluids, while the hybrid cycle outperformed the other pure fluids in terms of COP in Case II with
a source glide of 25 K. These findings are consistent with the observations from (Hulten and
Berntsson, 1999).
The screening of zeotropic working fluid mixtures enabled to find fluids, which outperformed the more
complex hybrid cycle with ammonia/water. The benefit of introducing the circulation pump for was
especially beneficial for the mixture of ammonia and water, as it typically implies large and non-linear
temperature profiles during phase change. The zeotropic mixtures that yielded good performances
in the IHX-cycle already had a well matching temperature profile, which suggests that only little
additional benefits might be obtainable from increasing the cycle complexity to e.g., a hybrid cycle.

5. CONCLUSIONS
The study compared ammonia in a standard cycle without an internal heat exchanger, additional
pure fluids in an IHX-cycle, a set of zeotropic mixtures in a standard cycle with an internal heat
exchanger and a hybrid compression-absorption cycle using a mixture of ammonia/water. The
comparison was conducted for two cases while Case I had a temperature glide in the source of 10 K
and Case II of 25 K. For Case I, pure fluids, such as iso-pentane, reached a COP of 4.0, while
ammonia had a lower COP of 3.8 but a higher volumetric heating capacity. The hybrid heat pump
was competitive to the best pure fluids in terms of COP, while only pure ammonia reached a higher
volumetric heating capacity. The zeotropic mixtures reached COPs of up to 4.5 while the volumetric
heating capacities were lower than for ammonia and the hybrid cycle. For Case II, the performance
increase of the zeotropic mixtures was higher, as they reached COPs of up to 5.2, while the
performance of the pure fluids remained unchanged. The hybrid heat pump reached COPs of up to
4.4. The volumetric heating capacities of the hybrid cycle and the zeotropic mixtures in the IHX-cycle
were comparable but lower than for pure ammonia.
It may be concluded that both the utilization of zeotropic mixtures with a simple cycle layout as well
as the hybrid compression-absorption cycle with ammonia/water showed performances that
outperformed pure fluids in COP while being competitive in terms of volumetric heating capacity.
The performance increases were increasing for larger temperature glides in the heat source. The
zeotropic mixtures showed higher thermodynamic performances than the hybrid cycle while the
volumetric heating capacities were lower for high concentrations of ammonia.
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ABSTRACT
The development of a standalone waste-heat driven ammonia-water absorption chiller with a cooling
capacity of 10.5 kW is presented. The system is designed to deliver cooling with a nominal COP of
0.6 for ambient temperatures as high as 40oC. To minimize the physical size of the system, heat and
mass exchangers with novel microscale features and geometries are employed. Thermodynamic
cycle modeling and heat and mass exchanger design and optimization methodologies are
discussed. The chiller is fabricated as a packaged unit and its performance over a wide range of
operating conditions demonstrated experimentally.
This work validates the scalability of
microchannel heat exchanger technology from a proof-of-concept laboratory scale device to a
residential-scale absorption heat pump.
Keywords: Ammonia-water, Heat Exchanger, Microchannel, Waste Heat.

1. INTRODUCTION
Rising demand for space cooling is exerting enormous strain on electricity supply systems in many
countries (IEA, 2018). Thermally activated refrigeration cycles such as the vapor absorption cycle
can utilize low grade thermal energy, including waste heat, to provide cooling. In addition to reducing
dependence on electricity grids, they are an attractive alternative to vapor compression systems as
they utilize environmentally benign working fluids. Although the use of these cycles has typically
been limited to large capacity industrial applications, advances in miniaturization of heat and mass
exchangers allow for the development of small capacity absorption chillers for residential and small
capacity applications (Garimella, 2003). Determan and Garimella (2012) presented a compact,
monolithic heat pump (200 x 200 x 34 mm) that delivered 300 W of cooling at a COP of 0.375.
Subsequently, Garimella et al. (2016) demonstrated a 3.3 kW cooling capacity microchannel
absorption chiller as a packaged unit. The development and testing of a 10.5 kW cooling capacity
ammonia-water absorption chiller is presented in this study.

2. CYCLE DESIGN AND MODELING
A schematic of the system under consideration is shown in Figure 1. The desorber uses the heat
input and generates ammonia, which is purified in the rectifier and then proceeds to the condenser.
After condensing, it flows through the expansion valve into the evaporator where it picks up heat
from the conditioned space. The ammonia vapor from the evaporator and the dilute solution from
the desorber recombine in the absorber, from which the concentrated solution is pumped back to
the desorber to complete the cycle. Two recuperative heat exchangers, the solution heat exchanger,
and the refrigerant precooler, are used to increase system efficiency. The waste heat is simulated
using an electric circulation heater, which heats up a heat transfer oil coupled to the desorber. The
condenser and absorber are hydronically coupled to the laboratory chiller in parallel. The evaporator
is coupled to a water loop and provides the desired cooling to the conditioned space.
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Figure 1: Schematic of absorption system

A thermodynamic cycle model is developed in Engineering Equation Solver (Klein, 2017). Mass,
species and energy conservation equations are solved for each component iteratively. The system
of equations is closed using assumptions on the quality for vapor inlet to the condenser and solution
outlet of the desorber. The inputs to the model and key outputs are listed in Table 1. The cooling
COP is calculated as shown in Eq. (1)

COPcooling =

Qevap

Eq. (1)

Qdes

Table 1: Cycle model inputs and outputs

Input

Value

Output

Value

Ambient temperature

40°C

Evaporator duty

10.55 kW

Chilled water outlet
temperature

12°C

Desorber duty

16.75 kW

Desorber coupling
inlet temperature

162°C

COPcooling

Refrigerant
Concentration

0.998
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3. HEAT EXCHANGER DEVELOPMENT
3.1.

Desorber and Rectifier

The desorber and rectifier are responsible for vapor generation and purification, respectively. A novel
liquid-coupled desorber design incorporating the concept of diabatic distillation presented in Staedter
and Garimella (2018) is utilized. The geometry is modified for the required vapor generation rates.
Heat is applied to the ammonia-water working fluid through the heat transfer oil flowing in
microchannel plates. The working fluid side is gravity driven and consists of an alternating pattern of
trays. Each tray has regions that support simultaneous vapor generation and purification. The
component consists of 12 working fluid sheets and 24 coupling fluid sheets. The working fluid sheets
were machined while the coupling fluid sheets were photo-chemically etched. The design conformed
to hydrodynamic limitations and operated between the weeping and flooding limits for the solution
with vapor in counterflow. The rectifier design consists of a cavity filled with wire gauze packing
where partial condensation occurs, thereby increasing the purity of the refrigerant. The generated
reflux is gravity driven and flows back to the top of the desorber. The wire gauze enhances vaporside heat transfer and provides surface area for liquid–vapor interaction to facilitate the diabatic
distillation process.
3.2.

Absorber

A vertically oriented baffled shell-and-tube heat exchanger serves as the absorber. Premixed
solution/vapor mixture enters from the top into the shell side of the absorber and leaves as
concentrated solution from the bottom. The coupling fluid is on the tube side, in counterflow with the
shell-side fluid. The solution/vapor mixture flows in a serpentine path through the narrow tube bundle
gaps created by the numerous small diameter tubes. The enhanced mixing created by this flow path
aids in absorption mass transfer. Additionally, the small tubes provide high heat transfer coefficients
for the coupling fluid, thereby reducing the overall heat transfer resistance. A small lip is provided on
the baffles to enable solution pooling at each level, which further increases the solution/vapor
interfacial area. A segmented heat and mass transfer model was developed for the absorber with
the Colburn and Drew approach using the framework developed by Price and Bell (1974). The
absorber is sized for a heat duty of 18.9 kW (the sum of all segment duties) that achieves complete
absorption and provides the required subcooling in the concentrated solution. A schematic of the
absorber and the internal details are shown in Figure 2.

Dilute solution/vapor
mixture in

Coupling fluid
exit

Concentrated
solution exit

Coupling fluid inlet
Figure 2: Absorber schematic (L); Tube bundle assembly (R)
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3.3.

Condenser, Evaporator, Refrigerant Precooler and Solution Heat Exchanger

These heat exchangers consist of an array of parallel, aligned alternating sheets with microscale
features etched in them. These features facilitate the flow of various fluid streams and the associated
heat and mass transfer. The design of these heat exchangers follows the methodology presented
in Nagavarapu and Garimella (2011). The components are designed using models developed for
the specific thermodynamic conditions, fluid composition and flow regime. The thermodynamic state
points for each component are obtained from the cycle model. Component models utilize a
segmented architecture that iteratively computes relevant fluid stream parameters at multiple
locations by solving conservation equations in combination with a resistance network. The overall
heat exchanger design provides the number of channels per sheet and number of sheets required
to achieve the design duty under the constraints of overall component pressure drop, fluid
maldistribution potential and fabrication considerations. The component CAD drawings are shown
in Figure 3 and the corresponding details are summarized in Table 2.

Evaporator

Condenser
Desorber

Refrigerant Cooler
Rectifier
Solution HX

Figure 3: Heat exchanger geometries

The microchannel sheets are fabricated by photochemical etching. These sheets are then enclosed
by cover plates and bonded together using vacuum brazing.
Table 2: Heat exchanger geometry details

Component

Type

Key dimensions

Desorber

Diabatic distillation column
with microscale features,
counterflow microchannel
array

12 sets containing 1 working fluid sheet
and 2 coupling fluid sheets per set

Rectifier

Microscale features with wire
gauze packing, counterflow
microchannel array

10 sets containing 1 wire gauze packed
cavity and 1 coupling sheet
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Absorber

Shell and tube, co-flow

955 tubes with OD 3.175 mm, ID 2.159
mm, 21 baffle plates

Condenser

Microchannel array,
counterflow

Channel hydraulic diameter: 440 µm
Number of sheets: 71
Number of channels per sheet: 89

Evaporator

Microchannel array,
counterflow

Channel hydraulic diameter: 440 µm
Number of sheets: 71
Number of channels per sheet: 89

Refrigerant
Precooler

Microchannel array,
counterflow

Channel hydraulic diameter: 440 µm
Number of sheets: 67
Number of channels per sheet: 88

Solution heat
exchanger

Microchannel array,
counterflow

Channel hydraulic diameter: 440 µm
Number of sheets: 51
Number of channels per sheet: 88

4. PROTOTYPE ASSEMBLY
Figure 4 shows a CAD model of the prototype unit with all components assembled. The overall size
of the prototype is 0.6 m x 0.9 m x 1.0 m (L x W x H). The additional space shown in the figure would
accommodate auxiliary components of the hydronic fluid-to-air heat exchangers. The connections
to the heat source coupling heater and conditioned space simulation heater are shown.

Figure 4: Prototype CAD
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Figure 5 shows the assembled prototype system. The desorber is coupled to an electric heater on
the right that circulates heat transfer oil. The evaporator coolant loop circulates water and contains
a set of electrical heaters that maintain the temperature of the chilled water loop to the specified setpoints. Both these loops are controlled by pulse-width modulated solid state controllers. Storage
tanks are installed at the outlet of condenser, absorber and desorber. These tanks ensure
appropriate fluid inventory in different parts of the system and allow for steady operation of the
system. A positive displacement diaphragm pump is used to circulate the ammonia water mixture.
The details of the instrumentation are provided in Table 3. Data acquisition and control is done using
the National Instruments® LabVIEW TM platform. Steady-state data are recorded for a 20-minute
duration at a rate of one scan per second. Control algorithms are implemented in the system for
automated operation during steady-state and emergency shutdown in the event of equipment failure
or high working fluid pressure.

Figure 5: Assembled prototype system with all coupling loops and associated controls
Table 3: Equipment specification

Instrument

Manufacturer/Model

Range

Accuracy

Thermocouple

Omega® T-type

-250-300 °C

±0.5 °C

Pressure Transducer

Omega® 4-20mA Output
absolute

0-1034.2 kPa
0-3447.3 kPa

±0.03%

Mass flow sensor (refrigerant
and dilute solution)

Micromotion CMFS series

0-110 kg/hr

±0.1 %

Mass flow sensor (evaporator
coupling)

Micromotion CMF series

0-108 kg/hr

±0.2 %

Solution pump

Hydracell P200

Electronic valves

Carel E2V series

Heater controller

Watlow PM series

480 steps
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5. EXPERIMENTAL RESULTS
Data are analyzed using time-averaged values of measured quantities that define inlet and outlet
states for each heat exchanger as described in Lee et al. (2012). The evaporator duty is calculated
using Eq.(2)

Qevap = mcf ,evapCpcf ,evap (Tcf ,evap,in − Tcf ,evap,out )

Eq. (2)

Figure 6 shows the cooling duty, COP and coupling fluid temperatures of the evaporator and
condenser for a sample set of test points. For test points 1-4, chilled water was supplied at 7.5°C
and returned to the evaporator at 13.5°C. For test points 5-8, chilled water was supplied at 12.5°C
and returned to the evaporator at 19.5°C. At design conditions specified in the cycle model, the
system delivered 10.6 kW of cooling duty at a COP of 0.63. The grey bars represent the thermal lift
against which the system is operating. It can be seen that this single-effect heat pump provides a
cooling duty well over 10 kW for a wide range of conditions at COPs > 0.63 for almost all conditions.
Even at a cooling water temperature of 40°C (Test Point 5) a cooling duty of 11 kW was achieved at
a COP of 0.67.

Figure 6: Experimental results for the prototype

6. CONCLUSIONS
The development of a compact waste-heat driven, residential-scale ammonia-water absorption
chiller for high ambient temperatures is presented. Microscale heat and mass exchangers are
utilized to provide 10.6 kW of cooling duty at a COP of 0.63 at design conditions. This demonstrates
the scalability of microchannel technology from a proof-of-concept laboratory scale to residentialscale applications. With the feasibility of small-capacity absorption chillers demonstrated, high
volume manufacturing methods shown here to fabricate microchannel components must be further
refined to make them economically viable. This system can also be readily adapted to allow heating
mode operation by simple switching of coupling fluid loops, thereby providing year-round service.
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NOMENCLATURE

Cp

Specific heat capacity (J kg-1°C-1)

Q

heat transfer rate (kW)

COP

coefficient of performance

T

temperature (°C)

m

mass flow rate (kg s-1)

Subscripts

cf

coupling fluid

des

desorber

evap

evaporator
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ABSTRACT
Heat pumps may be used in drying processes to recover low-grade heat contained in moist
exhaust air and supply the dryer. The heat pump design is limited technically by the level of
process temperature and its performance optimization depends strongly on the difference between
both temperature levels of process and effluents.
Using an exergy optimization methodology for heat pump integrations in industrial processes, a
high temperature transcritical heat pump using the R-32 as working fluid was earlier proposed by
the authors and experimentally demonstrated a 120°C hot air supply temperature.
In this paper, HFO’s are considered to increase the air supply temperature to reach up to 150°C.
Architecture technical options are also studied in order to improve the COP depending on the heat
source and sink properties.
The prototype developed for the R-32 is adapted and used to validate the predicted performances.
Its performance, when heating air from 90°C or 100°C to 150°C, is presented. The effluents are
available at 82°C with different absolute humidities. The observed COP of the heat pump reached
up to 3.72.
Keywords: Drying, Heat Recovery, HFO, Transcritical Cycle

1. INTRODUCTION
Due to the environmental concerns, improving energy efficiency of systems becomes a main
challenge for all energy systems. This challenge implicates a better recovery of heat losses
especially at high temperature in several industrial sectors. Indeed, a large amount of industrial
sectors like paper drying needs heat at a high temperature range, typically 120°C-150°C, (Assaf
2010). In recent decades, studies dealt with the improvement of HPs energy efficiency especially
those working at high temperature (Brown et al., 2009; Chamoun et al., 2012; Liu et al., 2012).
Angelino (1994) demonstrated the advantages in an experimental point of view of the use of a
transcritical HPs instead of subcritical HPs at high temperature for several stable fluids.
A thermodynamic model using Helmholtz multi-parametric equations to integrate the fluid
properties was developed (Besbes et al., 2014) to predict the energy performances of transcritical
HPs. And the results showed that 2 HFCs: R32, R134a and the HFO 1234yf have a great potential
to maximize the energy efficiency of transcritical HPs at high temperature (120°C-130°C). This
result led to a patent being registered (Peureux et al., 2014).
An experimental study dealing with the energy performance of a transcritical HP using the R32 as
working fluid is presented by (Besbes et al., 2015). The operating conditions simulated a dryer
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process. The heat source
source was humid air at 60°C (dew point at 45°C) and process air was heated
from 60°C to 120°C. In this paper, the transcritical heat pump developed by Besbes et al. (2015) is
adapted and used with the HFO 1234ze-E
1234ze E to increase the supply air temperature to 150°C.

2. EXPERIMENTAL METHODO
METHODOLOGY
LOGY
The experimental setup,
setup designed in the previous work (Besbes et al., 2015),
2015), helped to
demonstrate the high energy performance of a R32 transcritical HP. This experimental setup
generates the conditions of an industrial dryer at the HP heat exchangers. Fig.1 provides the layout
of a HP integrated with a preheater in a tunnel dryer. The effluents (moist air) preheat the ambient
air moderately
oderately and get cooled to reach the saturation state. Then effluents pass through the
evaporator to supply the HP with low grade heat. For this experimentation, only the HP energy
performance was studied. The HP input operating conditions defined on the next paragraph were
fixed with respect of the integration presented on Fig.1.

Figure 1::Schematic
Schematic diagram of an integrated HP on a tunnel dryer process

2.1.

Setup

To investigate the feasibility of delivering hot air at 150°C and the energy performance of the
HFO1234ze
HFO1234ze-E
E transcritical HP system, the experimental setup is adapted and used. The main
adaptation was the replacement of the lubricant. The fans were checked for their compatibility with
higher temperature air. Moist air circulates
circulates on the cold loop. A schematic view of the experimental
setup is shown in Fig. 2. The cold loop is composed of a steam humidifier, a fan, a heating resistor
and valves to regulate the inlet evaporator air moisture content, temperature and mass flow rate.
rat e.
The hot loop is composed of a fan, a heating resistor, a valve system to control the temperature at
the inlet of the gas cooler. Two sets of operating conditions are imposed on the test rig to try to get
close to those of the typical drying processes (ADEME
ADEME, 2006).. For the first set (E1), the medium at
the evaporator inlet is a humid air at 82°C with different level of absolute humidities ranging from
160 to 200 gH2O/kgDA.
O/kgDA. The medium at the gas cooler inlet is an ambient air which was preheated
from Tamb to 90°C to simulate the preheater of Fig.1, and the target temperature is fixed at 150°C.
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Figure 2: Test rig schematic view

For the second set (E2),
(E2), the medium at the evaporator inlet is a humid air at 82°C with different
level of absolute humidities ranging from 220 to 260 gH 2O/kgDA. The medium at the gas cooler
inlet is an ambient air which was preheated from Tamb to 100°C, and the target temperature is
fixed at 150°C.
The refrigerant loop is a single-stage
single stage vapour compression system. The following is a brief
summary of the basic design and operating characteristics of the system:
 Refrigerant HFO1234zeHFO1234ze-E
E was chosen as the working fluid of the heat pump (selected
thanks to the methodology proposed in (Besbes et al, 2014). The critical temperature is
equal to 109,4°C. And a polyolester synthetic oil (Reniso Triton se 170) was used as
lubricant in the compressor.
 The g
gas
as cooler is an aluminium
aluminium-finned
finned stainless steel-tubes
steel tubes heat exchanger with
dimensions of 0.30 m high x 0.60 m wide x 16 rows deep. The gas cooler has 1 circuit of 10
tubes per row of 12 mm external diameter and 2.5 mm pinch fins.
 The evaporator is an aluminium
aluminium-finned
finned stainless steel-tubes
steel tubes heat exchanger with
dimensions of 0.72 m high x 0.75 m wide x 4 rows deep. The evaporator has 4 circuits of 6
tubes per row of 12 mm external diameter and 3 mm pinch fins.
 The compressor is a semi-hermetic
semi hermetic reciprocating Bo
Bock
ck HGX2/90 designed originally for
R744 with a displacement of 7.70 m3/h at 50 Hz and a maximum discharge pressure of
13 000 kPa.
 A3
3-phase
phase induction motor is used to drive the compressor. The motor speed is controlled
by a Danfoss, 3-phase,
3 phase, VLT HVAC frequ
frequency
ency converter and the maximum input power of
the motor is 11 kW.
 A CCM10 Danfoss electronic expansion valve designed for the R744 is used to control the
refrigerant mass flow rate into the circuit and the gas superheat at the evaporator outlet.
Additional equipments of the heat pump included a suction line accumulator and compressor
protection devices.
2.2.

Instrumentation

The basic instrumentation required for evaluating the HP performance must include measurements
of flow rate, temperatures, pressures
pressures and the electrical power input. Sensors were selected
allowing defining the state conditions of the air and refrigerant at various localities shown in Fig.2.
All the required readings were acquired at 10s intervals. Readings were considered for system
performance analysis when they have been maintained steady for at least 20min.
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Table 1 - List of measurement accuracies for the variables measured in the HP test rig

Measured property

Measuring sensors

Inlet and outlet refrigerant temperature
Inlet and outlet dry air temperature

Class A RTD
Class A RTD

Inlet and outlet air humidity

HC2-S ROTRONIC

Volume flow rate in the air loops
Pressures in the air loops
Pressures in the refrigerant circuit
Refrigerant mass flow rate
Compressor power input

DEBIMO airfoil
CP300 KIMO
PA21Y piezo resistive
CORI FLOW
3-Phase induction motor

Uncertainty on the
value
±0.1 K
±0.1 K
±3% of measured
value
±5%
±0.5% + 1Pa
±1%
±0.2%
±0.5%.

For the air loops, both dry and wet bulb temperature measurements were taken respectively at the
gas cooler inlet and outlet and the evaporator inlet and outlet. The dry bulb temperatures were
measured using stainless steel housing PT100 platinum resistance temperature devices (RTDs),
and the wet bulb temperatures were measured by HC2-S ROTRONIC. At high relative humidity,
the accuracy to measure the wet bulb temperature drops down. Thus, a lancing system was used
to heat a moist air sample from the cold air loop. So the relative humidity decreases and the
measure of the wet bulb temperature becomes more accurate. The volume flow rate was
measured by the DEBIMO airfoil by KIMO for the two air loops. The differential pressures and
pressures were measured by CP300 KIMO sensors. For the refrigerant circuit, temperatures and
pressures were measured using respectively thermocouples and PA21Y piezo resistive pressure
sensors, inserted through the walls of the refrigerant piping. As shown in Fig.2, locations of
temperature and pressure sensors include the inlet and outlet of the compressor and gas cooler
and the evaporator inlet. The refrigerant mass flow rate was measured by the CORI FLOW mass
flow meter by BRONKHORST. The power input to the compressor was monitored using the
Danfoss 3-phase induction motor and a wattmeter.
2.3.

Experimental Tests

For all the tests performed in this work, the suction accumulator has been by passed to simplify the
control. In our tests, the charge optimisation allows to reach the optimal high pressure. The
expansion valve was controlled to maintain a reasonable super-heating value at the evaporator
outlet, and simultaneously the motor speed compressor was controlled to reach the nominal point.
The first tests served to determine the optimal refrigerant charge following the procedure proposed
by Cho et al. (2005), Choi and Kim (2004) and Corberán et al. (2008). The optimal charge obtained
for the first experimentations (7 kg) was kept for all the other operating conditions studied.
The tests series (E1) and (E2) were conducted at the full charge of the system under operating
conditions introduced in previous paragraphs.

3. EXPERIMENTAL RESULTS AND DISCUSSION
Tests are performed using the experimental setup described earlier. The two experimentations set
conditions are applied and for all the tests, the air exiting the gaz cooler attained 150°C. This
temperature was controlled by adjusting the compressor rotating speed and the air flow rate. The
control of the expansion valve insured a superheating of 5K for all the tests.
Table 2 gives the experimental results for both sets.
Results in table 2 show that the absolute humidity impacts directly the evaporator pressure.
Fig.3 shows the measured COP of the heat pump for each test. The COP is determined with an
uncertainty of +/-3.3%.
The COP of the heat pump increases with the absolute humidity which is a direct consequence of
the evaporating pressure increase. It is also noticed that the COP of the set E1 is higher than the
COP of the set E2 even though the evaporator pressure is lower in set E1 than the one obtained in
E2
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Table 2 – Experimental results for the 2 experimentations sets (E1)and (E2)

E1
Absolute humidity of
input air temperature at
the evaporator
Input air temperature at
the evaporator
Dew point of input air at
the evaporator
Input air temperature at
the gas cooler
Gaz cooler air outlet
Temperature
Gaz cooler pressure

gH2O/kgDA

E2

160.

180.

200.

220.

240.

260.

°C

82

82

82

82

82

82

°C

60.9

62.8

65.1

66.6

68.0

69.2

°C

90

90

90

100

100

100

°C

150

150

150

150

150

150

bar

68.2

67.5

67.1

67.0

66.3

68.2

Evaporator pressure

bar

12.4

13

13.5

13.9

14.1

15.1

Evaporator capacity

kW

8.10

7.66

8.01

7.08

7.74

8.32

Gas cooler capacity

kW

11.34

10.54

11.15

10.13

11.01

11.79

Compressor power

kW

3.24

2.88

2.99

3.05

3.27

3.47

3,72

3,65
3,49

3,37

3,32

160 geau/kgAS
gH2O/kgDA
gH2O/kgDA 180 geau/kgAS

200 geau/kgAS
gH2O/kgDA 220 geau/kgAS
gH2O/kgDA 240 geau/kgAS
gH2O/kgDA

E1

3,40

260 geau/kgAS
gH2O/kgDA

E2

Figure 3: COP values for both sets (E1) and (E2)

Fig. 4 shows the evolution of vapor quality at the evaporator inlet for the realized tests.
The vapour quality at the inlet of the evaporator is significantly lower for the set E1 than the set E2.
This is due mainly to the hot air inlet temperature (90°C for the set E1 and 100°C for the set E2)
which impacts the refrigerant temperature at the outlet of the gaz cooler and hence the enthalpy at
the inlet of the evaporator.

52%
45%

50%

52%

43%

42%

160
180
200
220
240
260
geau/kgAS
geau/kgAS
geau/kgAS
geau/kgAS geau/kgAS geau/kgAS
gH2O/kgDA
g /kg
g /kg
H2O

DA

E1

H2O

DA

gH2O/kgDA

gH2O/kgDA

gH2O/kgDA

E2

Figure 4 – Vapor quality at the inlet of the evaporator (in %)
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Figure 5 shows on a T-H diagram how the change in the air inlet temperature impacts the cycle.

Indeed, as we can see in Fig. 5, the dashed part of the cycle is obtained for lower gaz cooler exit
temperature. This temperature is directly impacted by the hot air inlet temperature. The resulting
consequence is a lower vapour quality at the inlet of the evaporator and so a larger enthalpy
change leading to an increased capacity at the evaporator for the same compression cost; which

Figure 5: Effect of hot air inlet temperature on the cycle

explains the COP increase observed during the tests. This observation allows proposing technical
options for improving the COP of such a heat pump using R-1234ze and supplying hot air at
150°C.

4. TECHNICAL OPTIONS FOR IMPROVING THE CYCLE
The experimental results presented in section 3 and their analysis have shown that the refrigerant
temperature at the outlet of the gaz cooler will have a very important impact on the heat pump’s
COP. In the prototype, this temperature is directly linked to the hot air inlet temperature as it was
highlighted between test sets E1 and E2.
One technical option, when the refrigerant properties are favourable, is to use an internal heat
exchanger. Such a heat exchanger allows reducing the gaz cooler outlet temperature while
increasing the superheat at the inlet of the compressor. Another technical option, which was
studied for CO2 transcritical refrigeration cycles, is to use a parallel compression (Sarkar and
Agrawal, 2010). Such a compression allows vapour compression on a smaller pressure difference
reducing the main compressor input power.
Figures 6 and 7 show, in a T-H diagram, the simplified cycle including respectively the internal heat
exchanger and the parallel compression.

Figure 6 – T-H diagram of simplified
transcritical cycle with IHX

Figure 7 - T-H diagram of simplified transcritical
cycle with parallel compression

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4694

These technical options where simulated for the first test of the E2 set (Evaporator air inlet
temperature 82°C, absolute humidity 220 g/Kgda, gaz cooler inlet air temperature 100°C). The
simulation code is written in Python using Coolprop for the calculation of refrigerant properties. The
main equations are first and second law and mass conservation. First the internal heat exchanger
(IHX) was investigated, then the parallel compression and finally, combining both options.
The COP improvement is given in table 3.
Table 3 – COP improvement with IHX and parallel compression

Cycle

Transcritical Transcritical+IHX.

COP

3.32

3.51

Transcritical+parallel All
compression.
options.
3.61
3.71

As we can see in table 3, parallel compression allows a 9% COP improvement. The use of IHX
allows 6% COP improvement. The combination of the two options, by subcooling the liquid exiting
the gaz cooler just before the first expansion, allows an improvement of 12% of the COP.
Indeed, both options allow the reduction of the evaporator inlet quality. This helps reducing the
expansion valve losses. The parallel compression has an additional advantage of reducing the
refrigerant mass flow to be compressed by the main compressor while compressing the rest of the
mass flow at a lower pressure ratio.

5. CONCLUSIONS
The following conclusions can be drawn from the present analysis. The transcritical HP using the
HFC 32 developped earlier has been able to supply 150°C hot air temperature by changing its
working fluid to HFO-1234ze-E. The COP of the transcritical HP was measured for several
operating conditions. In the worst operating conditions the HP presents a COP equal to 3.32 while
it reached 3.72 for the most favourable ones. For the transcritical cycle, the vapor quality at the
evaporator inlet is impacted by the conditions at the gaz cooler exit ones and affects the COP. Two
technical options for improving the COP were simulated. They allow an improvement of 12% of the
COP.
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ABSTRACT
By utilizing a trans-critical vapor compression cycle using hydrocarbons, the operating range of these
natural refrigerants with low global warming potential and zero ozone depletion potential can be
extended to higher temperature levels.
A single-stage cycle using a reciprocating (suction gas cooled) compressor and an internal heat
exchanger for suction gas superheating has been modeled using Modelica and the TIL thermal
component library. The simulation model has been validated by means of experimental data
gathered with a R600 test rig operated at condensing temperatures up to 110°C.
The simulation model was modified to study the system behavior in trans-critical operation.
Increasing the suction gas superheat lowers the values for the high-side pressure at which the
maximum efficiency is reached, which could be utilized if the high-side pressure is limited by the
used components. Through the application of an internal heat exchanger, the increase of superheat
shows potential to increase the Coefficient of Performance (COP).
Keywords: Heat Recovery, High Temperature, Hydrocarbon, Trans-critical Cycle.

1. INTRODUCTION
With an energy consumption of 148 EJ, the industrial sector accounted for 37% of the world’s total
final energy consumption in 2016 (IEA, 2018). Recovering waste heat through the utilization of high
temperature heat pumps can increase process efficiencies and decrease the use of fossil fuels, thus
leading to a reduction in CO2 emissions. In order to reduce the greenhouse gas emissions caused
by the release of refrigerants to the atmosphere, the Kigali amendment to the Montreal protocol
regulates a step-wise phase down of refrigerants with a high global warming potential (UNEP, 2016).
Currently, heat supply temperatures up to 160°C are achievable with vapor compression heat pumps
using the refrigerant R1336mzz-Z in the Viking Heat Booster (Viking, 2018). The Kobe Steel SGH
165 produces steam at 120 °C with a R245fa vapor compression heat pump and compresses it
further to 165 °C (Arpagaus et al., 2018). Trans-critical vapor compression cycles allow an extension
of the operating range of refrigerants beyond their critical temperature (Angelino and Invernizzi,
1994). Implemented with R744 (Lorentzen, 1990), this is a well-known technology (Austin and
Sumathy, 2011), yet the application of other refrigerants is very limited. Besbes et al. (2015)
developed a trans-critical R32 heat pump with a heat source temperature of 50°C and a heat sink
temperature of 120°C.
The hydraulic layout and the t/h-diagram of a single-stage trans-critical vapor compression heat
pump with an internal heat exchanger (IHX), using R600 as refrigerant is depicted in Fig. 1. After the
compression to a high-side pressure exceeding the critical pressure of the refrigerant (37,96 bar),
the heat rejection occurs at gliding temperature instead of condensation at constant temperature, as
can be seen in the t/h-diagram in Fig. 1 (right). Without the relation between temperature and
saturation pressure the necessary control of the high-side pressure can be obtained by adjusting the
refrigerant mass in the according part of the cycle (Kim et al. 2004). In the observed cycle, this is
realized with the pressure control valve (PCV) (Pos. 3). While the heat sink and source temperatures
are boundary conditions set by the application, the suction gas superheat and the high-side pressure
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can be adjusted to optimize the operation of the heat pump. To study the influence of these
parameters, a simulation study based on a sub-critical test rig was carried out.
The sub-critical single-stage compression cycle equipped with a high-pressure receiver is modeled
and validated with experimental data from a test rig, obtained by Moisi and Rieberer (2018). By
adding a pressure control valve (PCV) at the receiver inlet (Pos. 3) as illustrated in Fig. 1, the highside pressure can be raised above the critical pressure of the refrigerant, representing a trans-critical
cycle with a medium pressure receiver. The test rig as well as the evaluation of the experimental
data is described in Section 2, the simulation model is outlined in Section 3 and the results are
presented in Section 4.

Figure 1: Hydraulic layout (left) and t/h-Diagram (right) of the studied trans-critical cycle

2. SUB-CRITICAL TEST RIG
The test rig of a sub-critical one-stage R600 high temperature heat pump has been developed during
a preceding project (Moisi et al, 2018). The heat pump has a capacity of 45 kW at a heat source
inlet/outlet temperature of 70/65 °C, a heat sink inlet/outlet temperature of 80/110 °C and an inverter
frequency of 75 Hz (Moisi et al., 2017). The hydraulic layout depicted in Fig. 1 (left) corresponds to
the refrigerant cycle of the sub-critical heat pump with the exception of the PCV. The suction gas
superheating in the IHX can be adjusted with the 3-way-valve (VIHX). The IHX can be bypassed by
closing the valves V5 and V6. A modified 30L-DLRX-13 separating hood reciprocating compressor
(Pos. 1) from the project partner Frigopol equipped with a frequency inverter is used in the test rig.
The modification of the compressor comprises a specially designed suction gas motor cooler to
enable the necessary suction gas superheat needed to avoid wet compression due to an
“overhanging” two-phase region of R600 (Moisi and Rieberer, 2016). To avoid accumulation of
compressor lubricant in the refrigerant cycle, an oil separator (Pos. 2) is placed after the compressor.
In sub-critical operation, the gascooler acts as condenser. The high-pressure receiver (Pos. 4)
ensures saturated liquid state at the inlet of the subcooler. The electric expansion valve (EXV)
regulates the refrigerant mass flow into the evaporator, thus controlling the suction gas superheat at
the evaporator outlet. Brazed plate heat exchangers are used for the condenser, subcooler and
evaporator. Water at a pressure of 2,5 bar is used in the heat sink and heat source cycles.
2.1.

Measured Compressor and system efficiencies

Measurement data of the heat pump prototype at different operating points with an inverter frequency
of 50 Hz, obtained by Moisi and Rieberer (2018), was used to evaluate the compressor and the
system efficiencies. The positions of the sensors are depicted in Fig. 1. Relevant properties of R600
and water are obtained from the property database included in the software EES (2018). The overall
isentropic efficiency, the internal isentropic efficiency and the volumetric efficiency of the compressor
are calculated according to Eq. (1), Eq. (2) and Eq. (3) respectively.
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𝜂𝑖𝑠,𝑜𝑣 =

𝑚̇𝑟𝑒𝑓 ∙ (ℎ𝑟𝑒𝑓,2𝑠 − ℎ𝑟𝑒𝑓,1 )
𝑃𝑒𝑙,𝑐𝑜𝑚𝑝

𝜂𝑖𝑠,𝑖 =

Eq. (1)

ℎ𝑟𝑒𝑓,2𝑠 − ℎ𝑟𝑒𝑓,1
ℎ𝑟𝑒𝑓,2 − ℎ𝑟𝑒𝑓,1

Eq. (2)

𝑚̇𝑟𝑒𝑓
𝜌𝑟𝑒𝑓,1 ∙ 𝑉̇𝑠𝑤𝑒𝑝𝑡

Eq. (3)

𝜆𝑣𝑜𝑙 =

The dependency of the compressor efficiencies on the pressure ratio is expressed by polynomials
using the least squares approximation. Measured efficiencies as well as the approximations are
depicted in Fig. 2.

Figure 2: Overall isentropic and internal isentropic efficiency (left) and volumetric efficiency (right) of
the Frigopol prototype compressor

The COP was evaluated with the measured heat release to the water cycle according to Eq. (4)
𝐶𝑂𝑃 =

𝑄̇ℎ,𝑤
𝑃𝑒𝑙,𝑐𝑜𝑚𝑝

=

̇
𝑉𝑆𝐼,𝑖𝑛
⋅ 𝜌𝑆𝐼,𝑖𝑛 ⋅ 𝑐𝑝𝑆𝐼,𝑖𝑛 ⋅ (𝑡𝑆𝐼,𝑜𝑢𝑡 − 𝑡𝑆𝐼,𝑖𝑛 )
𝑃𝑒𝑙,𝑐𝑜𝑚𝑝

Eq. (4)

3. SIMULATION MODEL
The TIL Suite package (TLK-Thermo, 2018), containing model libraries for components and media
properties in the object-based Modelica language, was used to develop the simulation model for this
study. Predefined models of the package can be extended with user specific geometries or
correlations for heat transfer and pressure drop.
First, the sub-critical test rig was modelled without the PCV according to the hydraulic layout in Fig. 1
with exception to the neglected oil separator. For the trans-critical operation, the PCV was added.
The following sections describe the modelling of the compressor and the heat exchangers.
3.1.

Compressor

The compressor was modelled using the “efficiency based compressor model” included in TIL with
efficiencies according to Eqs. (1) to (3) deduced from measurement data as described in section 2.1
for the prototype compressor from Frigopol. In order to investigate a different compressor, data for
a Bitzer 4VE-10P operated with R134a were retrieved from the manufacturer’s design software
(Bitzer, 2018) to evaluate the efficiencies according to Eq. (1) and Eq. (3). Since there is no data for
the compressor discharge temperature available in the software, the internal isentropic efficiency
was assumed. The obtained polynomials as well as the nominal volumetric flow rate are listed in
Table 1.
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Table 1. Data used for modelling the compressor

ηis,ov
ηis,I
λvol
̇Vswept @ 50Hz
3.2.

Frigopol 30L-DLRX-13 mod.
0,4239 + 0,0619π - 0,0085π2

Bitzer 4VE-10P
0,6845 - 0,002π - 0,0004π2

0,4211 + 0,0906π - 0,0116π2
0,9982 - 0,0512π
29,94 m3∙h-1

0,7600 - 0,002π - 0,0004π2
0,9747 - 0,0372π
34,7 m3∙h-1

Heat Exchangers

The brazed plate heat exchangers are modeled with a finite volume approach and a discretization
of 10 cells each. Geometrical data of the heat exchangers is listed in Table 2, a sinusoidal chevron
pattern with a pattern angle of 60° is assumed for all heat exchangers.
Table 2. Geometrical data of the used heat exchangers

Number of plates (-)
Length (mm)
Width (mm)
Pattern amplitude (mm)
Wall thickness (mm)

Evaporator
40
466
111
1,91
0,4

Gascooler
40
476
113
1,68
0,3

Subcooler
14
250
112,8
1,91
0,4

IHX
30
250
112,8
1,91
0,4

The heat transfer coefficients for evaporating and superheated R600 were calculated according to
Longo et al. (2015), for condensing R600 the correlation by Akers et al. (1959) was used. Heat
transfer coefficients for trans-critical operation were calculated using the correlation by Forooghi and
Hooman (2014). The pressure drop in trans-critical operation, the heat transfer coefficient and
pressure drop for liquid R600 in the subcooler and IHX as well as for the water side of the heat
exchangers were calculated according to Martin (2013). The pressure drop during evaporation and
condensation were calculated according to Longo et al. (2010) and Longo et al. (2012), respectively.
The pressure drop for superheated R600 in the IHX was calculated according to Martin (2013).

4. RESULTS
4.1.

Validation of the Model at Sub-critical Conditions

The COP measured at sub-critical operating points listed in Table 3 is compared with results from
the simulation model, in both cases without the IHX. As can be seen from Fig. 3 (right), the relative
deviation between simulation and experiment is less than 7% for all operating points.
Table 3. Experimentally investigated operation points
(Moisi and Rieberer, 2018)
50
60
70
80
tSO,in
45
tSO,out
50 60 70 80 60
tSI,in
80 90 100 110 90
tSI,out
COPmeas 4.68 3.91 3.38 2.91 4.88

55
70

65
80

70

75
80

80

100 110 100 110 110
4.11 3.50 5.14 4.26 4.85
Figure 3. Comparison of simulated and
measured COP at sub-critical conditions

4.2.

Trans-critical Operation

Since the properties of a substance vary considerably in the vicinity of the critical point, the
discretization of the gas cooler needs to be fine enough to consider these variations. In order to
exclude the influence of the discretization of the gas cooler on the results of the simulation, the
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variation of the COP with the high side pressure was investigated for different cell numbers in the
gascooler. The value for the optimal high-side pressure at which the maximal COP occurs changed
for simulations conducted with less than 80 cells. As more cells require more computational effort,
especially during the initialization phase of the simulation, 80 cells were chosen as a tradeoff
between computational effort and accuracy for the further simulations.
4.2.1. Optimal high-side pressure
At a fixed compressor inlet state, increasing the high-side pressure leads to an increase of the
compressor outlet temperature (state point 2) and the required compressor power. Due to the heat
rejection at gliding temperature in trans-critical operation and the curvature of a super-critical isobar,
the location of the pinch point in the gascooler depends on the gas cooler inlet state and thus on the
high-side pressure. At too low high-side pressures as depicted in Fig. 4 (left), the small temperature
difference at the inlet of the gascooler affects the heat transfer, thus increasing the refrigerant
temperature at the outlet of the gascooler (state point 3) and the subcooler (state point 5) and
decreasing the heating capacity. Increasing the high-side pressure increases the temperature
difference between refrigerant and heat sink medium at the inlet of the gascooler. This increases the
heating capacity to the cost of increased compressor power. Fig. 4 (right) decipts a cycle with a too
high high-side pressure. An optimum high-side pressure for achieving the highest COP at a certain
operating point can be found as shown in Fig. 4 (middle).

Figure 4: t/h-diagram for different high-side pressures at source inlet/outlet temperatures of 80/75 °C,
sink inlet/outlet temperatures of 80/170 °C and a suction gas superheat of 15 K (without IHX)

4.2.2. Influence of the operating parameters
Simulation runs with different sink inlet temperatures but constant outlet temperature of 160 °C are
shown in Fig. 5 (left). An increase in the sink inlet temperature leads to an increase of the refrigerant
temperature at the subcooler outlet causing a decrease in the heating capacity (Moisi et al, 2018).
Since the compressor power remains almost constant, a decline of the COP can be observed. The
optimal value for the high-side pressure is not significantly influenced by the heat sink inlet
temperature. Increasing the sink outlet temperature demands an increase of the high-side pressure.
The increased compressor power leads to a drop of the maximal COP as can be seen in
Fig. 5 (right).

Figure 5: COP at varying sink inlet temperatures (left) and outlet temperatures (right) depending on
the high-side pressure (without IHX)
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The influence of a varying suction gas superheat realized in the evaporator (without using the IHX)
can be observed in Fig. 6 (left). With increased superheat, the optimal high-side pressure drops. In
cases where the maximum pressure is limited by components of the system, this can be used to
reduce the necessary high-pressure level. However, as can be seen in Fig. 6 (right), the decreasing
evaporation temperature at increasing superheat leads to a decrease in the heating capacity. The
compressor power is almost constant because the decreased mass flow needs to be compressed
at higher pressure differences. As a result, the COP decreases at increased superheat, which can
clearly be seen in Fig. 6 (left).

Figure 6: COP for different high-side pressures at varying suction gas superheat (left) and the
influence of the superheat on evaporation temperature and capacities (right) (without IHX)

4.2.3. Possible improvements of the investigated cycle
The application of an internal heat exchanger as depicted in Fig. 1 enables an increase of the
superheat without a decrease of the evaporation temperature. Fig. 7 (left) shows the COP at different
values for suction gas superheat at the compressor inlet, where 5 K of superheat were obtained at
the outlet of the evaporator and the rest was achieved using an IHX. As already observed without
using the IHX, the optimal high-pressure drops but due to the IHX, the evaporation temperature does
not decrease when increasing the suction gas superheat. As a result, the COP increases with
increasing superheat because the compressor power remains almost constant while the heating
capacity increases due to the increased superheat.
Another aspect for improvement is the used compressor. As can be seen from the efficiency data in
Fig. 2, the prototype compressor is operated far outside the nominal operating range, thus leading
to a deterioration of the efficiencies. Fig. 7 (right) shows the results with efficiency data for the Bitzer
compressor as listed in Table 1. According to the simulation results, this compressor improves the
COP and a further reduction of the optimal high-side pressure is possible.

Figure 7: COP for different high-side pressures at varying suction gas superheat using an IHX with
the Frigopol prototype compressor (left) and a Bitzer 4VE-10P (right)
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5. CONCLUSIONS AND OUTLOOK
The introduced simulation model of a R600 high-temperature heat pump describes the COP of the
sub-critical test rig with a deviation of less than 7% from the measured values.
By including a pressure control valve at the inlet of the receiver, trans-critical operation of the heat
pump was investigated by means of simulation. The influence of the regulated high-side pressure
on the COP showed an optimal value for each operating point that occurs at lower pressures if the
suction gas superheat at the compressor inlet is increased. By using an internal heat exchanger, an
increase of the COP by increasing the suction gas superheat is possible. At a heat source inlet/outlet
temperature of 80/75 °C and a heat sink inlet/outlet temperature of 80/160 °C, the basic cycle without
IHX using the Frigopol prototype compressor achieved a COP of 3.24 at a suction gas superheat of
5 K. At a sink inlet/outlet temperature of 100/170 °C, a COP of 2.64 was achieved. Using an IHX to
raise the suction gas superheat to 20 K, the COP was improved to 2.77 while decrasing the highside pressure from 47 to 43 bar. By using the Bitzer compressor, a further increase of the COP to
3.42 at a high-side pressure of 40 bar should be possible.
This study serves as the basis for the development of a prototype because application specific
limitations of the components need to be taken into consideration. The model predicts compressor
outlet temperatures 5-10 K higher than the sink outlet temperature at optimal high pressures,
depending on the suction gas superheat. The expected high temperatures require special
compressor lubricants such as Polyalphaolefin (PAO) oils. If suction gas cooled compressors are
used, the maximum suction gas temperature represents a limit to the maximum evaporation
temperature. The next steps will be to experimentally test the operating limits of the compressor such
as the maximum high pressure and maximum suction gas temperature and then to develop a
prototype for the trans-critical R600 vapor compression heat pump.
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NOMENCLATURE
1…9
COP
cp
ηis,ov
ηis,i
EXV
f
h
IHX
in
λvol
meas
ṁref
out
p
php
PCV

state point
Coefficient of Performance
specific heat capacity (kJ∙(kg∙K)-1)
overall isentropic efficiency (-)
internal isentropic efficiency (-)
electric expansion valve
frequency (Hz)
specific enthalpy (kJ∙kg-1)
internal heat exchanger
inlet
volumetric efficiency
measured
refrigerant mass flow (kg∙h-1)
outlet
pressure (bar)
high-side pressure (bar)
pressure control valve

Pel,comp
π
Q̇h,w
ref
ρ
s
SI
sim
SO
ΔTsup
t
tevap
V
V̇
VIHX
V̇swept

electric power of the compressor (kW)
pressure ratio of the compressor (-)
heating capacity on water side (kW)
refrigerant
density (kg∙m-3)
isentropic change of state
heat sink
simulated
heat source
suction gas superheat (K)
temperature (°C)
evaporation temperature (°C)
valve
volume flow
3-way-valve internal heat exchanger
swept volume flow of the compressor
(m3∙h-1)
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ABSTRACT
This paper presents an analysis of the performance of high-temperature heat pumps using different
refrigerants. A thermodynamic cycle model, considering minimum temperature difference at the heat
exchangers pinch point, and reasonable pressure drop and efficiencies, has been developed. The
source temperature was fixed at 80 °C, as a reference, while the temperature lift between sink and
source was varied from 40 to 80 K to cover a wide range of applications. The selected refrigerants
were categorized into three groups, wet, dry, and isentropic, based on the slope of saturated vapor
curve on T-s diagram. The results showed that isentropic refrigerants, R-245fa, R-1233zd(E), and
Butene, have the highest performance compared to dry and wet refrigerants. R-1233zd(E) is
considered to be the most suitable one regarding performance and safety, however it only allows a
maximum temperature lift of 73 K. Acetone seems to be a good candidate for higher temperature
lifts.
Keywords: High-temperature Heat Pump, Modelling, Refrigerants, COP, Subcooler.

1. INTRODUCTION
To reduce the energy consumption and mitigate the negative impacts on environment, hightemperature heat pumps (HT-HPs) are considered to be an efficient solution. HT-HP is a promising
technology that opens the door for several applications, one of the important applications is the
industrial waste heat recovery. To imagine, in figures, the significant potential of industrial waste
heat, Panayiotou et al. (2017) reported that this sector accounts for 370.41 TWh per year in the
European industry. This heat represents a very valuable source, usually available between 40 and
80 °C, which could be reutilized by a HT-HP to produce hot water or steam at a temperature higher
than 100 °C (Arpagaus et al., 2018). Another recent application is the compressed heat energy
storage (CHEST), in which a HT-HP, driven by renewable energy sources (RES), is used to charge
a high-temperature thermal energy storage (HT-TES) system in the periods of low demand; later,
the thermal energy stored is discharged, using a heat engine (HE) cycle, to generate electricity
during high demand peaks. CHEST system provides better integration of RES in the electricity grid
and helps to overcome their intermittency (CHESTER, 2018).
Many authors in the literature have focused on assessing the performance of HT-HPs for different
configurations, refrigerants, and values of temperature lift. To select the most suitable refrigerant for
a HT-HP with temperature lift of 50 K and condensation temperature up to 150 °C, Reißner (2015)
developed a simple idealized heat pump model equipped with an internal heat exchanger (IHX). For
subcritical scenarios, the system was simulated for two subcooling (SC) values of 5 K and 35 K
inside the condenser. The IHX is used only to improve slightly the coefficient of performance (COP)
and generate the necessary superheat (SH) for dry refrigerants. The results showed that the
refrigerants with higher critical temperature result to higher values of COP, and the effect of raising
the subcooling degree on the system performance significantly depends on the refrigerant type.
Finally, Reißner concluded that R-1336mzz(Z) and R-1233zd(E) are the best choices by
thermodynamic suitability, with COP up to 6.6 and 6.84, respectively. A similar model was presented
by Arpagaus et al. (2018) to compare the thermodynamic efficiency for different refrigerants. The
main performance parameters were COP and volumetric heating capacity (VHC). The model’s
assumptions were: no pressure drop inside heat exchangers, constant isentropic efficiency of 0.7,
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fixed SC value inside the condenser of 5 K, and fixed temperature lift of 70 K. They reported that the
system performance for hydrofluoroolefins (HFO) refrigerants, R-1234ze(Z), R-1233zd(E), and R1336mzz(Z), increases compared to R-245fa with condensing temperatures above 100 °C.
Regarding the VHCs, R-1234ze(Z), R-600, R-1224yd(Z), R-245fa, and R-1233zd(E) give the most
promising VHC values ranging from 2.5 to 3.4 MJ·m-3.
Fukuda et al. (2017) presented an exploratory assessment of a HT-HP used for heat recovery
applications. The tested refrigerants were R-1234ze(Z), R-1233zd(E) and R-365mfc. They
developed two configurations for the HT-HP cycle to raise the temperature of heat media to 160 °C
with a waste heat at 80 °C. R-1234ze(Z) has a critical temperature of 150.1 °C, accordingly it was
employed for transcritical cycles, such cycles are out of the frame of current paper. Regarding the
single-stage with IHX subcritical cycle, the results showed that R-1233zd(E) has the better
performance compared with R-365mfc. It has COP and pressure ratio values of 4.18 and 6.36,
respectively. Furthermore, they stated that R-1233zd(E) cycle has irreversibility losses lower than
R-365mfc by 21.7%.
In the literature, many thermodynamic models used to assess the HT-HPs performance are
fundamental and do not consider many practical aspects such as different values of temperature lift,
and pinch point and pressure drop inside heat exchangers. Furthermore, using IHX can enhance
slightly the COP for some refrigerants, but it is not practical in some applications which require very
high values of SC, more than 60 K (e.g. thermal energy storage systems). Also, using a subcritical
system could result to a mismatch of temperature profiles inside the condenser, especially for
applications that require a very high water-side temperature lift, more than 40 K (e.g. district heating
(DH) and industrial applications). This mismatching increases the irreversibility associated with heat
transfer through a finite temperature difference. All of these reasons motivated the authors to develop
a more practical and flexible HT-HP model for different applications to be able to perform a more
accurate comparison between the available refrigerants. The proposed model is equipped with a
subcooler, after the condenser, to ensure a better match between refrigerant and secondary fluid
temperature profiles. The proposed model considers the pinch point location, especially inside the
subcooler, and pressure drop inside the heat exchangers. A range of temperature lift (∆T lift) values
is considered, from 40 to 80 K. The ∆Tlift in the current study is defined as the difference between
sink and source temperatures. Different refrigerants were analysed and compared to assess the
thermodynamic performance of HT-HPs for various applications.

2. HT-HP MODEL DEVELOPMENT
2.1.

Model Configurations and Assumptions

Fig. 1 shows the general configurations of the proposed HT-HP model. The proposed configurations
are suitable for industrial applications, which require high temperature water (>100 °C) and saturated
steam (Config. 1); or thermal energy storage applications, which require pumping the heat from low
temperature level to store it in a HT-TES system (Config. 2). Regarding Config. 1, the pressurized
water firstly enters the subcooler (mwtr,in,subc) to heat it up to the temperature of the high-temperature
water tank (HTWT). Then, part of it is directed to the condenser to generate saturated steam
(mstm,out,cond), and the rest exits the HTWT as saturated liquid water (mwtr,out,HTWT).
In Config. 2 the pressurized water enters the subcooler from the low-temperature water tank (LTWT)
and is heated up to the temperature of the HTWT in a closed loop. These two tanks represent the
sensible heat storage system. As can be noticed that the condenser is replaced by a phase changing
material heat storage (PCMHS) system to store the latent heat rejected from the refrigerant during
condensation. In the current study, the outlet of refrigerant from the condenser/PCMHS is always
assumed to be saturated liquid, and all the process of SC is done inside the subcooler. This leads
to better matching and small temperature differences between the refrigerant and water.
These two configurations have been chosen because they allow taking advantage of both the twophase (latent) and sensible heat exchange of subcritical cycles with a good approach to the
corresponding secondary fluid, hence with high COP, see for instance the cycle depicted in Fig. 5.
The proposed model was developed using Engineering Equation Solver (EES) software (Klein,
2018).
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Figure 1: Different configurations for the proposed HT-HP model

The model assumptions are: the system runs under steady state conditions; the compressor has
constant isentropic (ɳs) efficiency of 0.7; the refrigerant mass flow rate (mref) is 1 kg·s-1; the pressure
drop in evaporator and condenser corresponds to 2 K and 0.5 K drop in the inlet saturation
temperature, respectively; and all heat exchangers are counter flow with a fixed temperature
difference at the corresponding pinch point (∆Tpp) of 3 K. The main performance parameters to be
evaluated are the COP, pressure ratio (Pr), discharge temperature (T dschrg) and VHC. The VHC is
the total heating effect per unit of swept volume, which gives an indication for the compressor size
and its ability to pump the required thermal power. Table 1 summarizes the main performance
parameters for the proposed HT-HP model.
Table 1. Performance parameters used in the present study

Parameter (unit)
∆Tlift (K)
COP (-)
Pr (-)
Tdschrg (°C)
VHC (MJ·m-3)
2.2.

Mathematical definition, based on Fig. 1
=THTWT-Twtr,in,evap
=[(h2-h3)+(h3-h4)]/(h2-h1)
=P2/P1
=T2
=[(h2-h3)+(h3-h4)]/v1

Selection and Properties of Refrigerants for HT-HPs Applications

Selection of the proper refrigerant is a crucial decision for designing HT-HPs. One important aspect
to choose a proper one is the required degree of SH after evaporation. Low SH values could result
in wet compression, while high values could decrease the evaporation temperature and affect
significantly the system performance. Based on this, the refrigerants could be classified into three
groups based on the slope of saturated vapor curve on T-s diagram (dT/ds). The negative slope
refrigerants are called “wet fluids”, the positive slope ones are called “dry fluids”, and near zero slop
(semi-vertical slope) refrigerants are called “isentropic fluids” (Jockenhöfer et al., 2018). Fig. 2
compares between three different refrigerants correspond for each group.
As can be seen that the wet fluids do not require any SH, or very small value, in the outlet of
evaporator, while the dry ones need a very high degree of SH to prevent the wet compression. On
the other hand, the isentropic fluids need a moderate degree of SH that could be done inside the
evaporator without side effects on the system performance.
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Figure 2: T-s diagram for: (a) R-718 (wet fluid), (b) R-1233zd(E) (isentropic fluid), and (c) R1336mzz(Z) (dry fluid)
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Other desirable criteria of the refrigerants used especially in HT-HPs applications are: zero ozone
depletion potential (ODP=0); very low global warming potential (GWP<10); non-toxic; no or low
flammability; high critical temperature (Tcrit>145 °C) allowing for subcritical applications; low critical
pressure (Pcrit<3 MPa). Regarding the criteria discussed, Table 2 lists a sample of different
refrigerants that could be employed in HT-HPs applications.
Table 2. Properties of selected refrigerants for HT-HPs (Arpagaus et al., 2018; Klein, 2018)

Tcrit
NBPa
ODP
GWP
Pcrit
SGb
(MPa)
(°C)
(°C)
(-)
(-)
Wet (W)
R-718 (water)
Natural 373.95 2.206
100.0
0
0
A1
c
Acetone
HC
235.0
4.7
56.0
0
<10
n.a.
Dry (D)
R-1336mzz(Z) HFOd
171.3
2.9
33.4
0
2
A1
R-365mfc
HFCe
186.85 3.266
40.2
0
804
A2
f
Isentropic R-1233zd(E)
HCFO
166.5
3.62
18.7
0.0003
<1
A1
(S)
R-245fa
HFC
154.01
3.65
15.1
0
858
B1
Butene
HC
146.15
4.0
-6.3
0
<10
n.a.
a
NBP: normal boiling point at 0.1013 MPa; bSG: safety group (ASHRAE, 2016); cHC: hydrocarbons;
d
HFO: hydrofluoroolefins; eHFC: hydrofluorocarbons; fHCFO: hydrochlorofluoroolefins.
Group

Refrigerant

Type

3. RESULTS AND DISCUSSION
Fig. 3 shows the work ranges for refrigerants listed in Table 2. The work range is defined as the
difference between critical temperature (Tcrit) and normal boiling point (NBP). This gives an idea for
the ability of refrigerant to reach a certain condensation temperature (T cond) and its proximity to the
critical point. In the present work, the values of Tcond range between 123 and 163 °C, as seen in Fig.
3.
Work range (oC)

-10

30

70

R-718 (water)

150

190

230

270

310

350

W

Acetone

W

R-1336mzz(Z)

D

R-365mfc

D

R-1233zd(E)

S

R-245fa

S

Butene

110

Range of Tcond values
for the current study

S

Figure 3: Work ranges for selected refrigerants and condensation temperature (T cond) limits in the
current work
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Arpagaus et al. (2018) reported that for subcritical HT-HPs, the difference between Tcrit and Tcond
should be between 10 and 15 K to ensure a reasonable performance. Regarding this condition, it
can be noticed that the R-718 (water), Acetone, and R-365mfc are the only refrigerants that could
reach the maximum limit for the Tcond in the current work. The water has many desirable properties,
such as very high latent heat and Tcrit; however, because of its low vapor density it requires
complicated multi-stage compression cycles with intercooling to cope the high values of pressure
ratio and discharge temperature. Such cycles are out of the scope of the present work, so water has
been excluded from the analysis.
In all simulations, the inlet water temperature to the evaporator (T wtr,in,evap) was fixed at 80 °C, and
the water-side temperature difference was set to 3 K. On the other hand, the inlet pressurized water
to the subcooler (Twtr,in,subc) was always assumed to be 5 K less than the T wtr,in,evap. This is because
we assume that if the value of Twtr,in,subc is very low and needs to be increased, it will be preheated
firstly with the source hot water. A heat source at 80 °C has been chosen as a representative of
potential sources of waste heat from solar production or industrial processes, with possible
interconnection with district heating.
In the current study, all the SH is assumed to be done inside the evaporator. For wet fluids it was
fixed at 1 K, while for isentropic fluids 5 K was set. On the other hand, the SH values for dry fluids
were varied in each operating condition to ensure obtaining a minimum superheat value of 5 K at
the inlet to the condenser.
Based on inlet conditions and model assumptions (Sub-section 2.1), the HT-HP’s performance for
the selected refrigerants is compared in Fig. 4. As can be noticed, Figs. 4a and b, that the isentropic
fluids R-245fa, R-1233zd(E), and Butene have the highest COP and lowest Pr values compared with
others. However, R-1233zd(E) is the only one that can reach a ∆Tlift up to 73 K (Tcond=156 °C) with
reasonable COP, Pr, and Tdschrg values of 4.67, 5.68, and 164.3 °C, respectively. Also, it can be
noticed that R-245fa has a very similar behaviour compared to R-1233zd(E), with slightly better
COPs, till a ∆Tlift= 61 K (Tcond=144 °C); however, it is not recommended for its high GWP (≈ 858) and
toxicity (Class B). Accordingly, R-1233zd(E) is considered to be a potential, environment-friendly,
replacement for R-245fa.
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Figure 4: Performance parameters as a function of ∆T lift for the selected refrigerants: (a) COP, (b) Pr,
(c) Tdschrg, and (d) VHC
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The wet fluid Acetone is the only refrigerant that can reach the maximum considered ∆T lift of 80 K
(Tcond=163 °C) with COP, Pr, and Tdschrg values of 4.14, 8.85, and 189 °C, respectively. Although, it
clearly has very decent theoretical performance, the authors have not found experimental data in
the literature regarding its real performance as refrigerant in this kind of application.
Contrarily, the dry fluids R-1336mzz(Z) and R-365mfc have the lowest COP and highest Pr values
compared to other refrigerants. Although, R-365mfc can reach the maximum ∆Tlift= 80 K, it has the
lowest COP of 3.33 and highest Pr of 17.82. As mentioned before the dry fluids need high SH values
to prevent the wet compression. This, in turn, significantly decreases the evaporation temperature
(Tevap) compared with wet and isentropic fluids. For example, R-365mfc requires SH of 31.6 K at ∆Tlift
of 80 K. This results to Tevap= 45.4 °C, which is less than Tevap for wet and isentropic refrigerants
by 26.6 K. Accordingly, for such refrigerants, it should be considered employing an external
superheater to avoid such degradation in system performance.
Regarding the VHC, Fig. 4d shows that isentropic fluids have the highest values of VHC compared
with others. Within the range of ∆Tlift studied, the average values of VHC for Butene, R-245fa, and
R-1233zd(E) are 8.48, 6.58, and 5.49 MJ·m-3, respectively. This implies smaller compressor size
and lower cost for a given heating capacity. Generally, dry fluids express lower VHC compared to
isentropic ones. R-365mfc shows the lowest average VHC (≈ 1.81 MJ·m-3), which is about 67% lower
than R-1233zd(E).
As previously indicated in Sub-section 2.1, the subcooler is considered to be a vital component of
the system, especially for the applications that require high values of water-side temperature lift. To
understand more this concept, Fig. 5 shows the T-s diagram for R-1233zd(E) at ∆Tlift= 40 K and
water-side temperature profile inside subcooler and condenser (blue dashed line). As can be clearly
noticed the small temperature differences and good matching between the refrigerant and water
temperature profiles. The minimum temperature difference between the two profiles is 3 K, while the
maximum is 9.2 K. The less the temperature differences between the two streams, the less the
irreversibilities associated with the infinite heat transfer process. Optimization of subcooling in
subcritical cycles leads to very high COPs and shows a great potential for water heating applications
with high temperature lifts (Pitarch et al., 2017 and 2019).
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Figure 5: T-s diagram for R-1233zd(E) at ∆Tlift= 40 K, corresponds to Tevap=72 °C and Tcond= 123 °C,
with ɳs= 0.7, SH= 5K, and ∆Tpp=3 K

4. CONCLUSIONS
The thermodynamic performance of a HT-HP was evaluated using different refrigerants, for a ∆Tlift
ranges between 40 and 80 K. The conclusions are summarized as follows:
•
•

Isentropic refrigerants, R-1233zd(E), R-245fa, and Butene, show the best performance
regarding COP, Pr, and VHC compared to dry and wet refrigerants.
On the other hand, dry refrigerants, R-1336mzz(Z) and R-365mfc, have the lowest
performance compared with others. The main reason for this is the high SH required to
prevent the wet compression. This significantly decreases the evaporation temperature and,
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•

•

consequently, the system performance. To prevent the performance degradation, it is very
important to employ an external superheater.
Only R-365mfc and Acetone can reach the maximum considered ∆Tlift of 80 K for the selected
source temperature of 80 °C. However, the main disadvantages of R-365mfc are the high SH
required (up to 31.6 K) to prevent wet compression, Class 2 flammability, and high GWP
value of 804. The wet refrigerant Acetone shows a promising theoretical performance,
however, there is no sufficient data, in the literature, about its real performance as refrigerant
regarding the proposed HT-HP cycles.
For a ∆Tlift up to 73 K, R-1233zd(E) is considered to be the best refrigerant in the current
study, regarding thermal performance, environmental impact, and safety classification. R1233zd(E) reaches ∆Tlift= 73 K (Tcond=156 °C) with COP, Pr, Tdschrg, and VHC values of 4.67,
5.68, 164.3 °C, and 5.66 MJ·m-3.
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NOMENCLATURE
∆Tlift
∆Tpp
COP
h
m
ɳs
P
Pr
s
SC
SH
T
v
VHC

temperature lift (K)
pinch point (K)
coefficient of performance (-)
enthalpy (kJ·kg-1)
mass flow rate (kg·s-1)
isentropic efficiency (-)
pressure (MPa)
pressure ratio (-)
entropy (kJ·kg-1·K-1)
subcooling (K)
superheat (K)
temperature (oC)
specific volume (m3)
volumetric heating capacity (MJ·m-3)

Subscripts:
HTWT
high-temperature water tank
cond
condenser/condensation
crit
critical
dschrg discharge
evap
evaporator/evaporation
in
inlet
out
outlet
ref
refrigerant
stm
steam
subc
subcooler
wtr
water
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ABSTRACT

Large-scale fluid bed superheated steam drying units have been used for fibrous products such as
sugarbeet pulp, and wood chips etc. as an energy efficient alternative to the standard method of
heated air/flue gas in a drum dryer. The heat source is steam from nearby power plants due to the
huge capacity requirements of steam at approx. 25 bar. An alternative to this method is the vapor
recompression method, where steam is recompressed from approx. 3 bar to the inlet pressure of
approx. 25 bar at design point operation. The benefits are significant energy savings and the use of
electrical energy instead of fossil fuels. Such a unit has been modelled with a selection of centrifugal
compressor designs. The model shows the energy balances, the pressure ratio, and the mass flow
in the full drying unit, and it can be used to analyze part load operation, control strategy, energy
consumption, preferred compressor characteristics etc.

1. INTRODUCTION
Industrial drying is a basic unit operation widely used in the process industry such as the food
industry, the paper industry, the wood industry etc. In general, the drying process is centered on
removing water from a product, and typically it consists of two phases. The first phase is where a
part of the water can be removed simply by evaporation (free water), and the second, more
complicated, phase is where the water is removed by diffusion. The drying process in question
addresses the first part (evaporation), where various methods such as conveyer, drum dryers, and
fluidized bed apply. The method of fluidized bed dryers is particularly useful for high capacity drying
processes with lumps or chunks of the product, in this case fibrous products such as sugarbeet pulp,
woodchips, etc.

2. DRYING IN SUPERHEATED STEAM
Typically, the product has an initial moisture content and a desired residual moisture content, and
the operating conditions determine the residence time, the temperature level, the plant size etc. in
combination with the specifics of the product. In the fluidized bed principle, the product is kept floating
in the air. The air is flowing upwards with a relatively high speed, and the resulting drag force on the
lump of product is larger than or equal to the gravity force.
The basic principle is that the product is kept floating in the air due to the air speed and the direction
until it is dried to a sufficient residual moisture. Typically, the product is kept floating for 2-5 minutes,
before it is dry. The drag force on the product is defined as
Fd = Cd ½ ρf u2 π r2
Where Fd is the drag force, Cd is the drag coefficient depending on the geometric shape of the
product, typically in the range 0.5 – 1.0, ρf is the fluid density, u is the air flow speed, and r is the
radius of the product in case of almost spherical lumps – otherwise the estimated area must replace
π r2.
In case of a spherical product lump, the gravity force Fg is
Fg = 4/3 π r3 ρp g
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Figure 1: Fluidized bed dryer principle, the product is kept floating by means of the air flow

Figure 1 illustrates the basic principle and shows the real-life situation, where the size and density
of the product lumps can vary quite a bit, and thus have somewhat different paths in the fluidized
bed. The air flow is designed to handle this situation, and it can be adjusted to ensure the worstcase scenario size and moisture content to be sufficiently dry at product outlet. Hot air is led to the
bottom of the dryer volume, and the product is heated as the air passes the product, and the heat
transfer coefficient is important for the drying process. In general for a fluid bed dryer, the power
consumption is typically in the order of 3500 – 6000 kJ/kg evaporated water as compared to the heat
of evaporation 2250 kJ/kg in the typical temperature range, unless special measures show some
kind of energy recovery.
Another method used for this type of products is rotary drum dryers. A large furnace is producing a
hot flue gas, which is blown into the drum where a mixture of the product to be dried and the hot flue
gas is mixed. The drying takes place in a mixture of flue gas, steam, and air. Due to the presence of
air, some parts of the product to be dried is burned, and small particles are created. These particles
are difficult to capture, and they are often released to the surroundings through the stack. By
installing a steam dryer, the emissions of dust and VOC (volatile organic compounds) are eliminated.
Furthermore, a large amount of energy is saved. On a standard large sugar factory, 50t/h of
evaporation is required. Typically, a rotary drum dryer will use approx. 3000 kJ/kg corresponding to
approx. 140 tons of coal per day for an application such as this one.
It is much more energy efficient to avoid the air as heat transfer media and use the steam instead.
The basic principle is shown in figure 2. Steam is circulated in the dryer at a well-defined pressure –
in this case 3 bar - by means of a fan, and it is superheated by the supply steam.
Steam is used as the media to transfer the energy to the product instead of air – thus evaporating
the water from the product. The amount of evaporated steam is discharged at a separate outlet and
is usually used for juice concentration in a sugar factory, or alternatively as boiler feed water
preheating.

Figure 2: Drying by superheated steam – sketch of principle to the left, sketch of a unit to the right
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If the low-pressure steam is completely lost, the energy consumption is the same as the heat of
evaporation, i.e. approx. 2250 kJ/kg evaporated water plus the energy consumption for the fan in
the order of 2-5 % of the added steam capacity. In case the entire amount of the 3-bar steam can
be reused, the energy consumption is made of contributions from enthalpy loss due to steam
pressure drop from 25 bar to 3 bar, fan power, and heat loss. The total is in the order of 20% of the
heat of evaporation.

Supply steam pressure [bar abs]

The capacity of the units in question is in the order of 10 – 70 MW heating – thus removing approx.
10 – 65 tons of water per hour, see figure 3. The only option to achieve such capacities is when the
steam supplier is a power plant.
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Figure 3: Capacity of the units as function of size and supply steam pressure

Figure 4: Mass and energy balance for the superheated steam dryer size G

Figure 4 shows the mass and energy balance for the large-scale dryer with superheated steam. In
this example, 52 t/h product with 67% humidity is dried to 19 t/h product with 10% remaining humidity,
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i.e. 33 t/h water is evaporated. The total energy consumption depends on the extent to which the
energy bound in the condensate and the low-pressure steam can be used for other purposes. If there
is absolutely no reuse of the steam and condensate, the energy consumption is approx. 3800 kJ/kg
evaporated water – which is in the same category as drum dryers. However, if for example 80% of
the steam, and if the condensate and the steam are used, the energy consumption can be as low as
650 kJ/kg.
A typical installation is illustrated in figure 5, where the power plant is operated in parallel with the
superheated steam dryer and an evaporatrain for juice consentration, which is designed to make
use of the relatively low-pressure steam.

Figure 5: A typical installation where the steam supply is a power plant
and the low-pressure steam is reused in a multi-flash dryer

The disadvantage of the system is that it is absolutely necessary to locate these units close to power
plants and to reuse the low-pressure steam either for further processes or for heating in order to take
advantage of the potential energy savings, which are available with the superheated water vapor
drying method.

3. RECOMPRESSION WITH STEAM COMPRESSORS
There are some obvious advantages of introducing the steam compressors instead of the traditional
steam supply system. The evaporated steam from the drying process is simply recompressed and
condensated, which eliminate the need to find a suitable consumer or buyer of the large capacity of
low-pressure steam in order to ensure the energy economy. This will allow the drying unit to operate
autonomic without large steam suppliers or large steam end users. In addition, this type of dryers
will contribute to the desired electrification of the process industry in order to eliminate fossil fuels
from the future energy systems – a very important point.
The system is illustrated in figure 6, and the basic principle is that the amount of steam evaporated
from the product in the drying process is lead to the water vapor (steam) compressor inlet. The
compressor increases the pressure and thus the condensation temperature to some higher level, in
the example to approx. 25 bar (235 °C). The energy of condensation is passed on to the circulating
steam and thus superheats the steam to a value close to the condensation temperature in the heat
exchanger. When the circulating steam has passed the wet product, the temperature of the steam
is close to the saturation conditions. In this case, a rough estimate of the energy consumption is
approx. 500 kJ/kg evaporated water for this standalone unit – independent of steam supply and
reuse of low-pressure steam.
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Figure 6: Basic principle of drying in superheated steam with vapor recompression

A mass and energy balance model has been established for the dryer with vapor recompression.
The basic assumption is that centrifugal compressors with Ti impellers are used. This allows for a
pressure ratio of approx. 2.3 per stage for water vapor. The maximum pressure ratio is rather low
compared to for example air due to the relatively low atomic mass of water vapor. Thus, it is
necessary to use three compressors in series to achieve the desired pressure ratio of 25/3 = 8.3. In
the model, eight different compressor designs with corresponding compressor maps can be used to
investigate the limitations and advantages of the various design options. Overall, a key
dimensionless parameter for compressors is the specific speed defined by
𝑁𝑠 =

𝑛√𝑄
𝛥ℎ𝑜 3/4

where n is the rotational speed, Q is the volume flow, and Δho is the enthalpy increase in the
compressor. The following figure shows the characteristics of the various values of the specific
speed.

PR
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V
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V

V

Figure 7: Illustration of the specific speed Ns for the values 0.5, 0.75, and 1.0, respectively,
for the same design point operation specifications
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In general, the lower Ns offers a larger operating range, which is a larger stall margin, while the
maximum efficiency normally can be achieved at Ns close to 0.75 and the lowest cost for Ns is close
to 1.0. As the capacity of the dryer is in the range of 15 to 65 MW, the corresponding variation in
suction volume for the first low stage compressor is in the range of 4 m3/s to 16 m3/s. The following
table shows the impeller diameter and the rotational speed for Ns = 0.75 impellers as a function of
unit capacity. The total compressor diameter including diffuser and volute is in the order of 2 – 2.5
times the impeller diameter. The shown models are designed by means of the commercial
compressor design software package COMPAL from ConceptsNREC, i.e. an industrial software
package with calibrated loss models with map generation etc.
Evaporated
water
[t/h]

Heating
capacity
[MW]

1st stage
suction volume
[m3/s]

1st stage
impeller
diameter [mm]

20
30
40
50
60

21.0
31.6
42.1
52.6
63.1

5.3
8.0
10.7
13.3
15.0

364
446
515
575
630

1st stage
rotational
speed
[krpm]
28.2
23.1
20.0
17.9
16.3

Power
consumption
per stage
[MW]
1.6
2.3
3.1
3.9
4.7

Figure 8 shows the mass and energy balance for the final model of the dryer with a selection of the
three stage compressors.

Figure 8: Mass and energy balance for the dryer in the compressor version

Figure 9 shows the specifications for the compressors at the design point for this particular
compressor choice. The model operates with scalable compressors, and thus compressor maps,
and it includes the option to design all three compressors as a function of the specifications for the
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mass and energy balance for the dryer. The volume flow decreases – and thus the rotational speed
increases – for the higher stages, but the power consumption is within the same range. The operating
point for the three compressors is shown in figure 9, where the model has calculated the minimum
energy consumption for the combination of the selected compressors. Intercooling is assumed
between compressor stages.

Steam supply
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2834
18196
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kg/h
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Figure 9: The corresponding compressor specifications at design point operation
Kompressor 1

Kompressor 2

2.5

2.5

1.5

1
0.5

2

Trykforhold []

2

Trykforhold []

2

Trykforhold []

Kompressor 3

2.5

1.5

1
0.5

0
1

2

3

4

5

6

volumenstrøm [m^3/s]

7

8

9

1
0.5

0
0

1.5

0
0

1

2

3

4

5

0

0.2

0.4

volumenstrøm [m^3/s]

0.6

0.8

1

1.2

1.4

volumenstrøm [m^3/s]

Figure 10: Operating points for the three compressors at design point

In this particular case, the power consumption is 590 kJ/kg evaporated water including the fan and
the three compressors operating at the conditions of 3.0 bar inlet pressure and approx. 25 bar exit
pressure (inlet pressure to the dryer heat exchanger). The type of compressors in question could be
the integrally gear compressors produced by various large companies, e.g. Siemens, MAN, Kobelco,
etc.

Figure 11: Heat exchanger capacity and total power consumption at part load conditions
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In general, a better COP for the heat pump is obtained as the temperature lift decreases, and the
model offers the opportunity to investigate part load operation. At some point, the capacity decrease
causes a stall for the 1st stage compressor – and two stage operation applies (the two upper stages).
As the capacity decreases, and thus the power consumption for the compressors as well, the relative
importance of the fan power consumption increases and in general dominates at part loads below
approx. 50 %. Thus, there is a potential to optimize dryer operation by regulating dryer pressure, fan
speed, compressor design, etc. in order to minimize the total power consumption.

Specific energy [kJ/kg evap]

Figure 12: The corresponding compressor power consumption at part load
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Figure 13: The corresponding power consumption at part load for
the dryer size in question (blue) plus the next size (red)

Finally, another option for decreasing operating costs is to choose the next size dryer and thereby
decrease the design point pressure. The example of 33 t/h evaporation is achieved by model G at
25 bar supply pressure. However, this can also be achieved by the larger H model at approx. 16
bar supply pressure (cf. figure 3). In that case, the specific energy consumption will be approx. 480
kJ/kg instead of 590 kJ/kg, and the specific application including expected operating period,
full/part load etc. decides whether this is a better choice.
Currently, the main application for steam dryers is drying of sugar beet pulp, and the standard
installation is steam supply from the power plant on the sugar factory. The amount of steam used
is more or less the amount produced. The steam dryer with the standard setup works as a
reduction station. No loss of energy, just loss of pressure (exergy). Alternatively a drum dryer
which typically requires approx. 115 kg of coal per hour per ton water evaporation, all energy lost.
For a large European unit based on sugar beets, the annual drum dryer consumption is approx.
20,000 tons coal. The steam dryer with compressor is a standalone unit, so it is comparable with a
drum dryer. A drum dryer uses 3000 kJ/kg (gas), and the steam dryer with compressor uses app.
500 kJ/kg (electrical power). So in other words, the heat pump makes the steam dryer 6 times as
efficient as the drum dryer. This is a good and cheap way of reducing CO2 emissions.
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ABSTRACT
Heat recovery makes CO2 trans-critical solutions more competitive. The heat recovery can be
achieved in one stage or in two stages by using two de-superheaters in serial, because of the CO2
temperature profile. An Engineering Equation Solver (EES) model was developed in order to analyse
what are the best operating conditions for an ice rink refrigeration system in 3 different heat recovery
scenarios, respecting real de-superheater properties. The scenarios are an one stage which
provides water heating from 20 ºC to 60 ºC, an one stage with 20 ºC to 70 ºC and a two stage with
20 ºC to 70 ºC. According to simulated results the refrigeration system can be more efficient if it
operates under specific discharge pressure and subcooling. An optimum control strategy has been
designed according to each scenario and the heat demand. Results show that the power
consumption in the two-stage solution is 10% lower than the one stage scenario from 20 ºC to 60
ºC. The two-stage solution provides higher quality energy by consuming less electrical power.
Keywords: CO2 Refrigerant, De-superheater, Heat recovery, Optimisation, Ice rinks, Control.
1. INTRODUCTION
Refrigeration systems with heat recovery solution in supermarkets and ice rinks have been
evaluated. A comprehensive knowledge base is available together with several real installations.
These installations give real data which can be compared with previous theoretical studies.
Ice rinks operate for a long term which means that they operate in wide range of different ambient
temperatures. According to the ambient temperature, ice rinks have different energy demand per
sector. The five big sectors in an ice rink are refrigeration, heating, ventilation, dehumidification and
lighting systems (Rogstam et al., 2014)

Figure 1: Regular ice rink demands (ROGSTAM, ABDI and SAWALHA, 2014)
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According to Fig.1, the main energy user of an ice rink is the refrigeration system. A refrigeration
system which uses CO2 refrigerant can cover the heat demand by using heat reclaim. The heat
reclaim is achieved using a heat exchanger, which is called de-superheater. This heat exchanger is
placed between compressor and gas cooler (Fig.6a). It warms water which returns from the heating
system.
The refrigeration cycle becomes more efficient after the use of subcooling because the enthalpy in
the expansion device (hs) becomes lower so the cycle can achieve the same cooling capacity (Qc)
having lower mass flow (𝑚̇) (Eq. 1), which means less energy consumption by the compressor. The
enthalpy in the evaporator’s outlet (h2) is constant as it depends on the evaporator’s temperature
outlet which does not change.
𝑄𝑐 = 𝑚̇(ℎ2 − ℎ𝑠 )

Eq. (1)

The heat which is recovered (Qrecoved) is lower, for the same conditions (Eq. 2). The mass flow
becomes lower, whilst the enthalpy inlet and outlet (hdes,out) of the de-superheater is constant. The
enthalpy inlet of the desuperheater is equal to the enthalpy outlet of the compressor and is called
discharge enthalpy (hdischarge).
𝑄𝑟𝑒𝑐𝑜𝑣𝑒𝑟𝑎𝑏𝑙𝑒 = 𝑚̇(ℎ𝑑𝑖𝑠𝑐ℎ𝑎𝑟𝑔𝑒 − ℎ𝑑𝑒𝑠,𝑜𝑢𝑡 )

Eq. (2)

The coefficient of performance for cooling purposes (COPc) (Eq. 3) is not enough to represent how
efficient is this refrigeration cycle, because of the heat which is reclaimed. The reason is that the
heat recovery which is produced by a low COPc cycle can be more profitable than using two different
refrigeration cycles for heating and cooling respectively.
𝐶𝑂𝑃𝑐 =

𝑄𝑐

Eq. (3)

𝐸𝑐𝑜𝑛𝑠𝑢𝑚𝑝𝑡𝑖𝑜𝑛

Sawalha introduced the definition of Heat Recovery Ratio (HRR) in order to define the limits of the
effectiveness of the COP decrease (Sawalha, 2013):
𝐻𝑅𝑅 =

𝑄𝑟𝑒𝑐𝑜𝑣𝑒𝑟𝑒𝑑
𝑄𝑐

Eq. (4)

2. DE-SUPERHEATER
CO2 refrigeration in trans-critical operation is a very beneficial solution for an ice rink. It can reach to
120 bar discharge pressure, according to Sawalha (2008), which drives to high discharge
temperature, enough to cover the ice rink’s heat quality demand. Moreover, the temperature of CO2
changes through the heat transfer, because CO2 doesn’t change phase (gas). As a result, the
produced heat can be utilised more efficiently, since the temperature difference in the pinch point of
a heat exchanger could be very close to 1K (Christesen, 2014). Pinch point refers to the closest point
between the CO2 temperature profile and the water temperature profile, through a heat exchanger.
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Figure 2: CO2 Temperature profile

Fig.2 illustrates the remaining unutilized heat per outlet temperature. Maximum utilisation of the
produced heat is achieved when the CO2 is condensed till 20 °C, which is equal to assumption for
the water return temperature. Outlet temperature is the temperature of the refrigerant after the desuperheater. The line is not linear because CO2 thermophysical properties change with the
temperature.
The Unutilized Heat Ratio projects how much heat of the total recoverable heat has not been
recovered for a specific de-superheater’s refrigerant outlet temperature (Eq. 5). The unutilized heat
is rejected via the gas cooler.
𝑈𝑛𝑢𝑡𝑖𝑙𝑖𝑧𝑒𝑑 𝐻𝑒𝑎𝑡 𝑅𝑎𝑡𝑖𝑜 =

Eq. (5)

𝑄𝑟𝑒𝑐𝑜𝑣𝑒𝑟𝑒𝑑
𝑄𝑟𝑒𝑐𝑜𝑣𝑒𝑟𝑎𝑏𝑙𝑒

When the discharge pressure becomes higher, the discharge temperature becomes higher as well.
Discharge pressure and temperature are the pressure and temperature after the compressor. This
affects the CO2 temperature profile through the de-superheater. The curve of the temperature profile
is moved upwards when the discharge pressure is higher. This drives to a smoother curve without
parts which approach horizontal incline (Fig.3).

CO2 temperature profile in De-superheater

De-superheater outlet
Temperature (°C)

120
100
80
60

100 bar

40

90 bar
80 bar

20

75 bar

0
0%

20%

40%

60%

80%

100%

Unutilized Heat Ratio
Figure 3: CO2 Temperature profile for different discharge pressure

The pinch point is very important for the heat transfer through the de-superheater; the water
temperature profile should be adapted according to the pinch point and the CO2 temperature profile
(Fig.4). This means that the pinch point creates some constraints in the heat transfer giving disability
of proper heat recovery (less recovered energy or lower supply water temperature). High approach
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temperature (approach temperature is the temperature difference between water inlet and refrigerant
outlet in de-superheater) is a consequence of the pinch point in a heat exchanger.

De-superheater outlet
Temperature (°C)

CO2 88 bar
100
90
80
70
60
50
40
30
20
10
0

Pinch point
88 bar
water side

0%

20%

40%

60%

80%

100%

Unutilized Heat Ratio
Figure 4: CO2 and water temperature profile through de-superheater

There are 2 solutions for more efficient heat transfer. Higher discharge pressure as it is explained
above or use of 2 heat exchangers in series (two stage heat recovery) as it is illustrated in Fig.6b
(heat transfer principle in Fig.5).

CO2 88 bar- 2 stage heat recovery
De-superheater outlet
Temperature (°C)

100
80
60

88 bar

40

water
side

1st stage

2nd stage

20
0
0%

20%

40%

60%

80%

100%

Unutilized Heat Ratio
Figure 5: CO2 and water Temperature profile through De-superheaters, two stage heat recovery

3. MODELLING DETAILS
3.1.

System Description

The reference system in this study is a regular ice rink CO2 refrigeration cycle. The system consists
of compressors’ group, gas cooler and a receiver. The refrigerant is distributed under the ice rink
with the help of pumps.
The energy could be recovered in either one or two stages. In the case of one stage the desuperheater is placed just before the gas cooler (Fig.6a). This used to be a common solution, but
the same time is an inefficient solution.
The case of the two stages heat recovery gives a solution in that problem. Two de-superheaters are
placed in series (Fig.6b) as the recovered energy to be divided in two parts. So, the high temperature
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stage usually covers the 1/3 of the total requirement energy and the low temperature stage covers
the rest 2/3 of the demand, according to Fig.1.

Figure 6: Refrigeration layout: a: 1stage heat recovery, b: 2stage heat recovery

3.2.

Boundary conditions

It is assumed 130 kW of cooling demand and the evaporator temperature -8 ºC. It is also assumed
0 K internal superheating and 2 K external superheating, which creates losses in the system.
The efficiency of the compressor depends on the pressure ratio between the cold and warm side
and it is based on manufacturer’s data.
The CO2 temperature after the gas cooler is estimated to be at least 10 ºC. Regardless of the ambient
temperature, the gas cooler’s fans operate to cool the refrigerant down to 10 ºC. The maximum
temperature after the gas cooler is assumed 22 °C, because the temperature after the desuperheater can achieve a maximum low of 22 °C.
The water return in the de-superheater after the heating system is assumed to be at 20 °C. The high
temperature stage heating system has 40 °C water return, in case of two stage heat recovery.
3.3.

Control Strategy

The operation can be divided in 3 regions, which depend on the heat demand. In the first region the
discharge pressure becomes higher to cover the heat demand, while the temperature after the gas
cooler is constant. In the second region the discharge pressure is constant, while the temperature
after the gas cooler becomes higher (less subcooling). In the third region, the gas cooler has been
by-passed at all and the discharge pressure continues to be increased as to achieve the heat
demand.
3.4. Scenarios
One stage heat recovery is usually used to provide hot water at 60 °C, in the first scenario thus water
is heated from 20 °C to 60 °C through the de-superheater. In the second scenario, water is heated
from 20 °C to 70°C, because sometimes the heat temperature demand is higher than 60 °C. In the
third scenario, water is heated from 40 °C to 70 °C through the high temperature de-superheater
and from 20 °C to 40 °C through the low temperature de-superheater. The share of the heat reclaim
is 1/3 of the heat in the high temperature de-superheater and the rest 2/3 in the low temperature desuperheater.
4. RESULTS
An EES model was developed in order to analyse what are the best operating conditions for an ice
rink refrigeration system in the 3 different heat recovery scenarios, respecting real de-superheater
properties.
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In every scenario, the system becomes less efficient in the second region, according to the control
strategy. The COPc becomes lower when the HRR is higher as it is visible in Figs. 7, 8 and 9. The
heat recovery gain is significantly higher in comparison to the small loss of the system’s performance.
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Figure 7: 1st Scenario: Optimun operation

The pressure in the second region is used as reference parameter to be compared to each scenario.
This pressure could be called Optimum Constant Pressure (OCP). OCP is 87 bar in the first scenario,
whilst 94-95 bar in the second scenario, for almost the same HRR range. The pressure should be
8 bar higher in order to be produced 10 °C warmer water.
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Figure 8: 2nd Scenario: Optimun operation

The third scenario has the same potential as the second, by having smaller OCP than in the first
scenario. 81 bar of OCP shows that almost all the heat is utilized, and no heat is rejected via the gas
cooler.
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Figure 9: 3rd Scenario: Optimun operation

The COPc is not enough to define the performance of one system. The best way for this comparison
is the Global COP (COPGl) which defines the whole performance of these systems, as shown in
Eq.6.
𝐶𝑂𝑃𝐺𝑙 =

Eq. (6)

𝑄𝑟𝑒𝑐𝑜𝑣𝑒𝑟𝑒𝑑 + 𝑄𝑐
𝐸𝑐𝑜𝑛𝑠𝑢𝑚𝑝𝑡𝑖𝑜𝑛

According to Fig.10 the first scenario has very good COPGL, but this coefficient is 0.5 in the second
scenario less when the supply water temperature demand is higher. For a system which operates
more than 8 months this difference could have a big impact in the total energy consumption. But the
COPGL becomes 1.1 higher in case of two stage heat recovery (third scenario), which means that
the performance is even better than the first scenario. So, higher quality energy is supplied for
heating with better performance.
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Figure 10: Global COP comparison
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5. CONCLUSIONS
These systems could be more efficient if they operate in proper conditions. The proper control of
these systems could provide better performance and even better quality of heat.
The water supply temperature could be higher than 60 ºC.
Moreover, the subcooling control is very important because it affects the energy that is recovered.
The subcooling should be controlled according to the heating demand.
According to the heat demand and using proper hardware the system could recover higher quality
of energy when the system’s performance is better. Using two stage heat recovery instead of one
stage heat recovery the water supply temperature is 10 ºC higher when the COPGL is 10% higher for
the same HRR range.
The system does not reject recoverable energy in case of two stage heat recovery because of
smaller difference between the temperature profile of CO2 and water through the de-superheater.

NOMENCLATURE
CO2
COPc
COPGL
Econsumption
EES
h2
HRR
Qc

Carbon dioxide
Coefficient of Performance
for cooling [-]
Global Coefficient of
Performance [-]
Compressors’ power
consumption [kW]
Engineering Equation
Solver
CO2
enthalpy
after
evaporator [kJxkg-1]
Heat Recovery Ratio [-]
Cooling capacity [kW]

Qrecoverable

CO2 mass flow rate [kg×s-1]
CO2 enthalpy in expansion
device [kJ×kg-1]
CO2
enthalpy
after
compressor [kJ×kg-1]
Optimum Constant
Pressure [bar]
CO2
enthalpy
after
desuperheater [kJ×kg-1]
Recoverable Heat [kW]

Qrecovered

Recovered Heat [kW]

𝑚̇
hs
hdischarge
OCP
hdes,out
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ABSTRACT
There is a large demand for heat typically in the temperature range 100-200⁰C in different industries.
This is today often covered by fossil fuel burning or direct use of electricity. Heat pumps has to a
lesser extent been utilized due to higher investment cost and limited availability of systems for these
temperatures.
With increasing focus on reduction of emissions and demand for improved energy efficiency the
interest in development of high temperature heat pumps is increasing. Through the projects HeatUp
and HighEFF the aim has been to develop heat pumps meeting the demands from industry utilizing
natural working fluids.
The results show that the natural refrigerants hydrocarbons, steam and fluid mixture ammonia/water
all can be applied successfully to supply the required temperatures and demands within different
applications. This is supported by experimental results. Economic feasibility of implementation in the
industry under different conditions are evaluated and discussed depending on country.
Keywords: Heat Pumps, Natural Refrigerants, Industrial, High Temperature, Energy Efficiency.

1. INTRODUCTION
The Paris agreement and later IPCC reports gives a clear recommendation that emissions of
greenhouse gases (GHG) need to be reduced drastically in order to limit the global warming. Heat
pumps may contribute to this by reducing electricity needs and by replacing fossil fuels for heating
purposes.
For heat pumps the direct emissions related to HFC refrigerants is also important. Chlorine
containing refrigerants are being phased out according to the Montreal protocol and phasing down
the use of HFC refrigerants in order to reduce the GHG contribution from the sector will take place
according to the Kigali amendment to the Montreal protocol.
Refrigerant selection for the future will therefore be principally between Natural refrigerants, e.g.
hydrocarbons, ammonia, water, carbon dioxide or their mixtures, or to use new synthetic refrigerants.
The society now have knowledge from three generations of synthetic fluorocarbons, all believed to
have no negative environmental consequences when being introduced, but afterwards proved to
have very negative consequences. It is therefore difficult to understand from a precautionary
principle that one should rely on a new generation of synthetic fluids if sound alternatives can be
found among the natural refrigerants. The natural refrigerants are naturally occurring in the biosphere
and are therefore known to have no negative effects to the environment if they are leaked to the
atmosphere.
For high temperature industrial heat pumps the refrigerant selection is very relevant since technology
and concepts to a lesser degree exist in the market. Arpagaus (2019) gives an overview of definitions
of a high temperature heat pump from the literature. In this publication we try to concentrate on heat
pumps of medium to high capacity, from 100s of kW and higher, delivering heat partly or fully above
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100⁰C, thus covering the temperature range above the heat sink temperatures feasible by more offthe shelf technology.
Several sources have made mapping of the heat demands at different temperature levels in various
industries (Apagaus et al., 2018 and Sevault et al., 2018). Some of them also map heat sources at
different temperature levels (Huang et al., 2015). The general understanding is that there should be
a considerable market potential for high temperature heat pumps. Still there is a need for further
mapping. The potential varies from country to country depending on industry type and structure and
because the coexistence of suitable heat sources to the demands need to be further mapped. In this
respect industrial heating at temperature levels above 100⁰C is somewhat special due to the high
temperature lift required if the heat is to be absorbed from the ambient, unless the heat pump can
benefit from serving cooling demands at this temperature level.
In this paper the latest results from the activity at SINTEF-NTNU within the area of high temperature
heat pumps will be presented, with emphasis on activity in a competence building project named
HeatUp and activity in the research center HighEFF. Focus has to a large extent been towards
finding suitable technical solutions for use of natural refrigerants in this important application area
for improved energy efficiency.

2. SUITABLE REFRIGERANTS
CFC-11 and CFC-114 were much considered working fluids for high temperature heat pumps in the
1980s. Due to their ODP and very high GWP, these fluids are obviously not alternatives anymore.
Alternatives are now to be found in the group of natural refrigerants or new low-GWP synthetic
refrigerants. Suitability for the given application, safety aspects, environmental compliance and in
the end, very important, economic aspects, are important.
Screening of refrigerants is a common scientific exercise, often a first stage in approaching new
applications. With todays thermodynamic libraries, many fluids may be compared relatively efficient
according to defined criteria. Thereby comparing corresponding data for different fluids for
predefined parameters, such as heat source and sink temperatures and component efficiencies. For
fluids with relatively similar properties, the comparison becomes relatively easy, while fluids with
somewhat different properties, e.g. carbon dioxide and water, can be more difficult to implement.
Bamigbetan et al. (2018a) made a screening of suitable fluids for heat delivery up to 125 ⁰C,
focussing mainly on hydrocarbons and unsaturated HFCs, the so-called H(C)FOs. In general, for
these fluids with relatively similar thermodynamic properties, the theoretical COP obtainable for given
conditions was deferring with less than 10%. Such a difference may of course be important for the
total energy efficiency, but on the other hand, other properties, like heat transfer capabilities and
process and component adaptation could likely be influencing the differences in efficiency equally
much. In this sense, it is very easy to put too much emphasis into relatively small differences in e.g.
theoretical COP for given conditions. In the end a lot of practical and economic considerations will
influence the choice.
Based on the history of negative experience with different generations of synthetic refrigerants from
an environmental point of view, one approach may be to concentrate on finding suitable fluids among
the natural refrigerants. This may require more efforts on solving engineering challenges related to
e.g. flammability for hydrocarbons, pressure rating for carbon dioxide, high specific volume flows for
water and toxicity for ammonia. All are however challenges that may be overcome in industrial
applications, where standards and other non-technical aspects is less of a hinder for introducing e.g.
flammable fluids, than in household and commercial applications.

3. TECHNOLOGIES AND RESULTS FOR DIFFERENT APPLICATIONS
Bamigbetan et al. (2017b) gives an overview of natural refrigerants in the perspective of high
temperature heat pumps for vapor compression systems. It substantiates that it is possible to find
suitable natural refrigerant alternatives for most applications, though technological advancements
are required. Some such advancements are discussed here.
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3.1.

Hydrocarbons

Hydrocarbons are a family of fluids suitable to serve most temperature levels, from cryogenic
temperatures to high temperature heat pumps, due to its overlapping vapor compression curves
depending on the molecular weight of the different hydrocarbon molecules. They are also known to
have very favourable transport properties, leading to good heat transfer properties, enabling efficient
heat exchange.
A technological challenge is of course the flammability of the fluids, being categorised as A3
according to ISO 817. In industry, where these systems are to be installed, this can be handled safely
by following the applicable standards and codes of good practice, but it is of course required to have
proper training of personnel for installation, maintenance and operation.
Bamigbetan et al. (2018b) describes a laboratory prototype built up to investigate a butane-propane
cascade heat pump able to deliver heating up to 115⁰C at condensing temperatures up to 120⁰C.
The capacity of the prototype rig was 20 kW. Aim for a commercial size industrial plant is 300 kW.
Fig. 1a shows a process flow diagram of the laboratory plant. The system is built up with copper
brazed plate heat exchangers and single stage compressors and expansion valves in each stage.
The system is placed in a ventilated cabinet with leak detectors that stop the system in case of a
system break down. The system is prepared for operation also with hydrocarbon mixtures as
refrigerant but has so far only been tested with pure propane and butane.

a)

b)

Figure 1: a) Process flow diagram of the butane-propane cascade laboratory prototype
b) Picture of ventilated cabinet with the hydrocarbon high temperature heat pump

Special attention was on the prototype butane compressor for the high temperature stage. The
compressor installed is a four-cylinder semi-hermetic piston compressor made by Dorin. The butane
stage will experience evaporation temperatures in the range of 40-60⁰C. Temperature control to
obtain sufficient motor cooling and to avoid excessive discharge temperatures is therefore a
challenge. Further, installed in an ambient of room temperature it also requires special attention to
avoid the suction gas to condense before entering the compressor. In order to enable proper
monitoring, 11 temperature sensors and two pressure sensors was installed. The results of the
testing so far look very promising. Operation with condensing temperatures up to 120⁰C (about 21
bara) was performed over a longer period in the laboratory, without any visible degradation of the
lubricant. The compressor is due to detailed investigation for possible wear when this is written.
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Fig. 2 shows measured compressor efficiencies. As may be observed the efficiencies are very
acceptable. The total compression efficiency measured as the isentropic work based on the suction
pipe temperature for the given mass flow divided by the electric motor power consumption is between
70 and 75 % for all pressure ratios up to 5. More results may be found in Bamigbetan et al. (2018c,
2019).

Figure 2: Compressor efficiencies of the prototype hydrocarbon compressor

Further testing in the laboratory pilot plant is planned to be performed with hydrocarbon mixtures as
refrigerants. This may enable temperature adaptation for gliding temperature heat sink and source,
thus potentially improving the efficiency for such applications. This was investigated from a
theoretical point of view by Bamigbetan et al. (2016) for mixtures of propane, butane and pentane.
The results showed the potential of improving the COP by up to 13.5% for temperature glides of
respectively 10 and 30 K for the heat source and sink.
3.2.

Water or Steam as Refrigerant

Water is a very good refrigerant, with good heat transfer characteristics and a very high heat of
vaporisation. It is also abundant in the nature and dewatering by drying is a very important process
in the industry.
For drying purposes, it is obviously a very interesting option to utilise the vapour from the drying
process as refrigerant in an open type process. The concept is named mechanical vapour
recompression (MVR). The vapour from drying is compressed, and the hot water vapour is used as
heat source by condensation to heat and thus contribute to further drying of the product. It may also
be used in steam driers, see Figure 3. Such systems can achieve very high coefficients of
performance and are being used in e.g. the dairy industry.
Water may also be used in a closed cycle in a conventional vapor compression cycle. A challenge
is however the very large swept volumes required for steam and the fact that evaporation below

Figure 3: Simplified schematic layout of a superheated steam drier with energy recovery through
mechanical vapour recompression
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100⁰C will happen at a sub-atmospheric pressure. The latter may be overcome by using steam in a
high temperature stage with another refrigerant in the lower stage. The low stage, for instance using
butane, will then be lifting the heat to temperatures above 100⁰C, where the steam stage take over.
Steam has the prospects of delivering heat at very high temperatures when compressed in oil-free
compressors not affected by degradation of the lubricant, condensation temperatures up to 200⁰C
has been investigated in the HeaUP project. Potentially it could go higher.
Compressors of several types, e.g. screws and turbo compressors, or more fan like concepts, like
roots blowers and centrifugal fans, exists in the market place. Thus, this type of systems can and
are being built today. However, the existing compressors often become relatively costly for various
reasons, for instance the fact that they for high temperatures need to do oil-free compression. Bantle
et al. (2018a/b) describes development of a high speed turbo compressor based on a commercial
turbo-charger for vehicles, able to run with speeds up to 80.000 rpm. Fig. 4a shows a picture of the
prototype compressor and efficiency figures from the compressor tests are shown in Fig. 4b.

a)

b)

Figure 4: a) Picture of the compressor, length 50 cm, width 40 cm and height 35 cm, 40 kg
b) Achieved measured efficiencies for the compressor

As seen from the picture and measures, the compressor is very compact and consequently it has
the potential to reach a low cost. This, and the relatively high efficiency, may contribute to achieve
cost efficient implementation of steam high temperature heat pumps.
3.3.

Ammonia-Water

Ammonia is known to be a very good refrigerant and is the dominantly used refrigerant in industrial
refrigeration systems. To reach condensing temperatures above 100⁰C is however not feasible yet
with standard equipment, even though 60 bar compressors has been introduced on the market,
enabling temperatures close to 100⁰C. One possibility might be to utilise it in a low temperature stage
as investigated by Bamigbetan et al. (2017a).
Another possibility is to utilise ammonia in mixture with water in a compression-absorption cycle, see
simplified process flow diagram in Fig. 5a. A great advantage of this cycle is that you may reach
much higher temperatures with ammonia while operating at lower pressures. The cycle has gliding
temperatures during heat absorption and rejection. These glides can be adjusted with different ratios
of water-ammonia mixture in the system and solution circulation rates. In this way one may adjust
the glides to match the temperature glides of the heat sink and source.
The cycle, also called the Osenbrück cycle, is shown schematically in a p – (1/T) diagram in Fig. 5b.
As heat is absorbed by the zeotropic mixture of ammonia and water, a gas phase very rich in
ammonia is formed. The gas and liquid are separated, and while the gas is compressed in an
ordinary ammonia compressor, the weak solution is pumped in parallel to the high pressure. The
two phases are then mixed and heat rejected in the absorber/condenser before throttled to the inlet
of the desorber/evaporator.
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a)

b)

Figure 5: a) Simplified process flow diagram of the vapour compression cycle
b) Illustration of the process in a p - 1/T diagram

Several systems with this concept using 25 bar equipment have already been installed and are
operating in the market (Nordtvedt et al., 2011). At this pressure rating heating up to 120⁰C can be
obtained. Ellingsen et al. (2018) presents a two-stage concept for heating at two different
temperature level, which could be of interest in some industries, for example in dairies.
Wersland et al. (2017) investigated the cycle for heating of process water from 95-115⁰C for a heat
source temperature of 30⁰C at
varying loads from 10-130%.
Absorber pressures required for
this conditions varied from 26 to
27 bar, thus slightly above a
standard pressure rating of 25
bar.
A very interesting possibility for
reaching
even
higher
temperatures opens with the new
ammonia
compressors,
developed for higher pressures
up to 60 bar. Figure 6 shows
dewpoint
temperatures
as
function of pressure for various
mass fractions of ammonia in
water. With 60 bar compressors,
such a cycle should be able to
Figure 6: Dew point temperature at varying pressure for
deliver heating with temperature
varying ammonia concentration in water
glides approaching 160⁰C.

4. ECONOMIC CONSIDERATIONS
The economy of implementing high temperature heat pumps in the industry will vary very much
depending of country, e.g. due to the ratio between gas and electricity price, and between industries,
e.g. due to availability of heat sources to limit the required temperature lift or required installation
cost, which may vary with a factor of 10 depending on if it is a brown or greenfield installation. An
advantage is the high number of running hours in industry.
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Figure 7 shows simple payback time
as a function of the cost ratio of
electricity to gas for an assumed
COP and investment cost, gas
versus a heat pump. In Norway,
where the cost ratio is close to 1, it
obviously becomes more favourable
for implementation than in a country
like Germany, where this ratio may
be up to 4. An important factor here
may be that the cost of emitting CO2
must go up in the future if the
countries should be able to comply
with their obligation to reduce
greenhouse gas emissions.
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Figure: 7 Simple payback time vs cost ratio of electricity to gas
Additinal investment 550 EUR/kW, Gas price 0,06 EUR/kWh
COPhp 3,5 Running hours 8500 h/y

5. CONCLUSIONS
High temperature heat pumps can be an important possibility for enabling reduced energy use and
limiting the greenhouse gas emissions from the industry.
Natural working fluids can offer heating at all relevant temperature levels for the industry, and thus
avoiding the uncertainty of introducing new synthetic refrigerants that eventually may turn out to be
harmful to the environment, as have been the case for the three first generations of halocarbons.
Characteristics of three categories of refrigerants utilising vapour compression principles, namely
hydrocarbons, water and ammonia-water, has been discussed regarding their characteristics and
specific development requirement based on recent research activities. All candidate natural working
fluids have potential to fill market potential in different industries based on their characteristics.
Economic feasibility of implementation of high temperature heat pumps in the industry varies
depending on the boundary conditions, which may vary very much between countries and individual
industries. Increased cost on carbon emissions will benefit high temperature heat pump
implementation.
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ABSTRACT
Based on the light-absorbing characteristic of graphene/paraffin composite phase change material
(PCM), the solar radiation is directly absorbed by the nanoparticles added inside.
The purpose of this study is to investigate the performance of heat collecting of composite PCM and
to explore the possibility of using it in integrated system of heat collection and storage.
The composite PCM with mass fractions of 0.01%, 0.025%, 0.05% and 0.1% were prepared. The
extinction and absorption coefficient in solid and liquid phase was tested. The experiment was
conducted to research the thermal performance of composite PCM.
It was concluded that the addition of graphene nanoparticles into paraffin significantly improves the
absorption characteristics. Moreover, the composite PCM melted from the inside, which significantly
enhanced the performance. This study verifies the feasibility of the composite PCM working in solar
energy collecting and accumulating heat directly.
Keywords: Nanoparticles, Composite Phase Change Material, Heat Collecting, Heat Storage, Direct
Light-Absorbing.

1. INTRODUCTION
Solar energy belongs to clean energy and is the richest source of energy on earth. The vacuum
collector tube is adopted to make the working medium have the property of absorbing solar radiation
by adding special nanoparticles into the working medium, which is not only a heat absorbing material,
but also a heat carrying material(He, 2014).
The nanoparticles significantly improved the light absorption performance and increased the thermal
conductivity and heat capacity (Wang et al., 2012). The absorption increased with the increase of
mass fraction (Mu, 2011). It has been proved that nanofluid can be used as solar radiation absorption
medium.
The solar radiation in the direct absorption and heat collection system is absorbed by the fluid
working medium layer by layer, which is equivalent to put "internal heat source" into the fluid to
improve the uniformity of the temperature distribution of the working substance in the pipe (Xu,
2015).
Solar thermal efficiency limits the use of solar energy due to its discontinuity and timeliness. To
further solve this problem, researchers added the heat storage system to the solar heat collection.
Phase change has a high heat storage density, but usually has a low thermal conductivity, which
leads to a low heat storage and heat release rate.
The graphene nanoparticles not only have good thermal conductivity, but also show strong
absorption performance in visible light, which is very suitable for recycling working medium of direct
absorption solar collector (He, 2014). On the other hand, paraffin does not exist in the phenomenon
of supercooling. The thermal cycle will not reduce the heat storage of paraffin, so paraffin is suitable
for heat storage system (Hasnain and Gibbs, 1990).
In this paper, a new integrated method of solar energy collection and heat storage was proposed
based on the good thermal conductivity and light absorption of the graphene-paraffin composite
PCM. Graphene-paraffin composite PCM was used as both heat collector and heat storage medium.
The main content of this article is arranged as follows: propose the integrated structure of heat
collection and heat storage of composite PCM; study the thermal properties of composite PCM; study
the radiation absorption mechanism and characteristics of composite PCM; experimental study on
the heat-collecting properties of composite PCM; come to a conclusion.
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2. RADIATION ABSORPTION AND HEAT COLLECTION CHARACTERISTICS
2.1.

The Integrated Principle of Heat Accumulation and Heat Storage in Composite PCM

Based on direct absorb solar collector, an integrated system of heat collection and storage has been
proposed. The composite PCM has great absorbing property of solar radiation and phase transition
performance. It works as not only heat collecting but heat storage medium. The principle of the
system is given in Fig.1. Working on transparent vacuum tube, the composite PCM absorbs solar
radiation layer by layer, which is equivalent to put countless heat source into the composite PCM.
On the other hand, the composite PCM can directly store energy. It reduces not only heat loss but
also heat transfer resistance.
Solar radiation

Radiation
Convection
Radiation
Convection

Transparent vacuum
glass tube

Directly absorb
solar radiation

Composite PCM

Figure 1: Integration of heat collecting and heat storage structure by using composite PCM

In terms of the composite PCM itself, the incorporation of graphene nanoparticles enhanced the heat
transfer performance of the material. Besides that, the phase-change property of composite PCM
makes the output heat of solar collector system more stable. This method has potential development
in solar energy, especially in low temperature heat collection and storage.
2.2.

Thermal Property of Composite PCM

Composite PCM with different mass fraction (0%, 0.01%, 0.025%, 0.05%, and 0.1%) has been
prepared by two-step synthetic method. Graphene and graphite did not undergo chemical reactions,
but only physically. All samples were uniform and stable. The thermal properties of composite PCM
were tested by DSC, and the measured values are given in Table 1. The results show that the phasetransition temperature of the composite PCM is about 34℃. The addition of graphene had no
significant effect on the latent heat of PCM.
Table 1. DSC test results of composite PCM

Mass Fraction (%)
0
0.025
0.05
0.1
2.3.

Melting
Temperature (℃)
33.76
34.07
34.08
33.98

Enthalpy Change
of Melting (J∙g-1)
215.91
214.15
214.45
210.94

Solidification
Temperature (℃)
34.45
34.79
34.74
34.74

Enthalpy Change of
Solidification (J∙g-1)
215.47
215.14
214.78
212.95

Optical Property of Composite PCM

2.3.1. The mechanism of absorption of light by nanoparticles
In addition to absorption and transmission, nanoparticles also scatter light. Scattering refers to the
deviation of some light from the original direction when light passes through an uneven material.
Further, scattering includes refraction, reflection and other processes. Its propagation mechanism of
light is shown in Fig. 2.
reflection

incident light
refraction

transmission light
refraction
absorption
reflection
reflection
absorption
refraction
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Figure 2: Light propagation mechanism of nanoparticles

The scattering process is actually the process of the collision of light and matter particles. The
absorption refers to the absorption of light by particles as it passes through them. Transmission
refers to the light except for scattering and absorption after passing particles.
If the distance between the nanoparticles is small and the particles are non-independent scattering,
the coupling effect of the absorption characteristics of the particles must be considered. Therefore,
the actual scattering of composite PCM is not simply the superposition of the dispersion degree of
each group.
2.3.2. Test principle of extinction and absorption coefficient
According to the LAMBERT-BEER law, the absorbance can be expressed as:
1

Eq. (1)

A=log 𝜏 =εCl

Where τ is the transmittance, ε is the molar extinction coefficient, l is the optical path length, and C
is the concentration. The transmittance τ can be expressed as:
𝐼

τ=𝐼1 =𝑒 −𝐾𝑒𝐿0

Eq. (2)

0

Where I0 is the intensity of incident light, I1 is the intensity of transmission light, and the sample
thickness is 0.01m. The extinction coefficient Ke can be expressed as:
Ke=100×ln10𝐴

Eq. (3)

As shown in Fig. 3, the extinction coefficient is only measured transmitted, and the part beyond the
transmission light is all taken as the absorption of the sample. So the scattering of the sample is
classified as absorption. It can be concluded that the extinction coefficient doesn't distinguish
between absorption and scattering. In order to explore the scattering characteristics of materials, the
absorption coefficient is measured by a sphere to collect scattered and transmitted light. The
scattered light is reflected several times in the detection instrument, with transmission light collected
into the detector. The absorption coefficient Ka can be expressed as:
Ka=100×ln10𝐴 ′

Eq. (4)

The absorbance A’ is calculated by the intensity I0 of incident light and the intensity I’ of transmission
light and scattering light. It can be concluded that the extinction coefficient is the sum of the
absorption coefficient and scattering coefficient.
Scattered Light

I2

Incident Light
The Light Source

I0

Transmission Light

I1

The Detector

A) Extinction coefficient

Incident Light
The Light Source

I0

Transmitted Light

I1

The Detector

B) Absorption coefficient

Figure 3: Principles of optical coefficient

2.3.3. Extinction and Absorption Coefficient of Composite PCM with Different Concentrations
In this paper, the extinction coefficient and absorption coefficient of solid and liquid in visible light
were tested. The test samples were shown in Fig 4, and the test results were shown in Figs 5 and
6.
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A) Composite PCM in solid state

B) Composite PCM in liquid state

Figure 4: Testing sample
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Figure 5: Absorption coefficient of composite PCM

Extinction & Absorption Coefficient (m-1)

It can be seen from Fig. 6 that the absorption coefficient of composite PCM with different
concentrations in the visible light spectrum doesn’t vary with wavelength. The addition of graphene
significantly increases the absorption coefficient of composite PCM, and with the increase of
graphene mass concentration, the absorption coefficient also increases, but the increase amplitude
decreases. This is because the scattering degree of composite PCM is different. So there is an
optimal mass concentration of composite PCM.
The absorption coefficient of solid is greater than that of liquid. For the composite PCM with a mass
concentration of 0.01%, the absorption coefficient in liquid is 400 m -1 and absorption coefficient in
solid is 950 m -1. This is due to the change of the phase state of the base paraffin, but the increase
of composite absorption is not the simple superposition of graphene nanoparticles and pure paraffin.
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EC

1000
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0
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700
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Figure 6: Comparison of extinction coefficient and absorption coefficient in liquid state

As can be seen from Fig. 7, in the visible light region, the absorption coefficient and extinction
coefficient of pure paraffin in liquid are both 0, which means there is no absorption and scattering.
For composite PCM in liquid state with mass concentration of 0.01% and 0.025%, the extinction
coefficient is greater than the absorption coefficient, and the difference reflects the scattering of the
material. The difference between the extinction coefficient and the absorption coefficient of the
composite PCM in liquid state at the concentration of 0.025% is significantly greater than the
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difference between the extinction coefficient and the absorption coefficient of the composite PCM in
liquid state at the concentration of 0.01%.
2.4.

Experimental Study on The Heat-Collecting Properties of Composite PCM

2.4.1. Analysis of temperature change in heat collecting process
In this paper, pure paraffin and composite PCM with mass concentration of 0.025% in a vacuum
collector tube were selected as the experimental objects for outdoor heat collection experiment.
Twelve temperature measurement points were arranged for each pipe, and four planes were
selected in the vertical direction of the pipe, with three temperature measurement points in each
plane, as shown in Fig. 7. The outdoor average temperature is 30.2 ℃. The average solar radiation
is 214.5 W∙m -2. The intensity of solar radiation as shown in Fig. 8.

3 2 1
6 5 4
9 8 7
12 1110

Figure 7: Experimental setup and measuring point arrangement
1000

Solar Radiation (W/㎡ )

800
600
400
200
0
0

100

200

300

400

500

600

700

Time (min)

Figure 8: Changes of solar radiation intensity during the experiment

Fig. 9 shows that the temperature of the heat collection process changes with time. The temperature
maintaining in the phase change temperature (34 ℃) instructs that material is melting. When the
temperature is higher than the phase transition temperature, the point of PCM has been completely
melt into liquid. The phase transition always begins at the top of the pipe, and then the liquid level
gradually develops to the bottom. This is because the density of liquid paraffin is lower than that of
solid paraffin. After the paraffin near the pipe wall melts, the liquid paraffin in the lower layer floats
upward, resulting in the concentration of high temperature liquid paraffin in the upper part of the pipe.
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Figure 9: Changes of collector pipe temperature in different points during the experiment

The time it takes for the phase-change material to melt completely is defined as the total melting
time. As can be seen from table 2, both pipes can completely melt under the same heat collection
condition. Compared with pure paraffin wax, the addition of graphene nanoparticles significantly
reduced the time required for the complete melting of the PCM and increased the maximum
temperature that can be achieved during the experiment.
Table 2. Characteristic Parameters of Heat Collection

Pure paraffin Composite PCM
54.3
73.4
472
312
46.6
58.8

The highest local temperature of the process（℃）
Total melting time（min）
Average temperature at total melting time（℃）

As for the composite PCM, the addition of graphene improves the thermal conductivity of the
material, which makes the internal heat exchange more intense, and the vertical temperature
intersecting more obvious, thus shortening the time required for the complete melting of the
composite PCM.
2.4.2. Analysis of heat collection efficiency of composite PCM
In the process of heat collection experiment, the instantaneous heat collection of composite PCM is
calculated by Eq. (5):
𝑖+1

Qi=∫𝑖

𝑖+1

(𝑚𝑛𝑝 𝑐𝑛𝑝 + 𝑚𝑏𝑓 𝑐𝑏𝑓 )𝑑𝑡=∫𝑖

(∅𝑚 𝑐𝑛𝑝 + (1 − ∅𝑚 )𝑐𝑏𝑓 )𝑚𝑛𝑓 𝑑𝑡

Eq. (5)

Where mnp, mbf and mnf are the mass of graphene, paraffin and composite PCM respectively. cnp and
cbp are the specific heat capacities of graphene and paraffin respectively. ∅ is the mass fraction of
graphene.
The instantaneous heat collection efficiency of a single pipe can be expressed as:
𝑄

Eq. (6)

η=𝐴𝐼𝑇𝑖

The relationship between instantaneous efficiency and difference of normalized temperature can be
expressed as:
𝑡𝑖 −𝑡𝑎
)
𝐼

η=𝜂0 -U×(

Eq. (7)

Among them, 𝜂0 is the intercept of the curve, i.e. the maximum instantaneous efficiency, which
reflects the optical efficiency of the collector pipe. U is the heat dissipation coefficient, reflecting the
heat dissipation of collector pipe; Ta is the ambient temperature, and I is the radiation intensity.
When the composite PCM completely melts, the net absorbed energy can be calculated from Eq.
(8):
Qnet=Qh+Qs

Eq. (8)

Where Qh is the sensible heat of the PCM, Qs is the latent heat of the phase change, respectively
calculated:
Qh=(𝑚𝑛𝑝 𝑐𝑛𝑝 + 𝑚𝑏𝑓 𝑐𝑏𝑓 ) × (𝑡 ′ − 𝑡0 )
Qs=𝑚𝑛𝑓 × 𝑃

Eq. (9)
Eq. (10)

Among them t' is the average temperature of the composite PCM melt completely, t0 is initial average
temperature of composite PCM; P is the heat storage capacity of composite PCM.
The cumulative amount of solar radiation from the initial moment to the moment of complete melting
can be expressed as:
𝜏

Qsum=∫0 𝐴0 S(T)dτ
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The maximum instantaneous heat collection efficiency (η0) of the composite PCM is 0.53456. But
because of its radiation heat loss, heat dissipation coefficient (U) is 5.22048 J∙m -2∙℃-1. When
completely melted, the net absorbed energy by the material accounts for 70.17% of the solar
radiation energy, which is a high energy utilization.
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Figure 10: Net absorbed energy and solar radiation energy during melting

3. CONCLUSIONS
In this paper, the characteristics of spectral absorption and solar energy collection performance of
graphene/paraffin composite PCM were tested and analyzed experimentally. The main conclusions
are as follows: (1) The addition of graphene nanoparticles into paraffin can significantly improve the
extinction coefficient and absorption coefficient, reaching the strong absorption level. It can be used
for direct solar energy absorption and heat collection. The characteristics of absorption increase with
the increase of graphene mass concentration, but the degree of increase decreased. Therefore, it is
not necessary to use a high mass concentration. (2) Using composite PCM with a mass fraction of
0.025% in a vacuum collector pipe, the feasibility of direct heat collection and heat storage of
graphene/paraffin composite PCM was verified by comparing it with pure paraffin. It has the potential
to improve the performance of solar heat pump system. The heat storage and heat transfer
properties of composite PCM will be further discussed in the future.
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NOMENCLATURE
A
A0
C
c
Ka
Ke
L0
I
m
P

absorbance
area (m 2)
concentration (mol·L-1)
specific heat capacities (J /(kg℃))
absorption coefficient
extinction coefficient
optical path length (m)
intensity of light (Lux)
quality (kg)
heat storage capacity (J/kg)

PCM
Q
S
T
t
U
τ
ε
η

phase change material
quantity of heat (J)
solar radiation (W/m2)
time (min)
temperature (℃)
heat dissipation coefficient (J/m2·℃)
transmittance
molar extinction coefficient(L·mol-1·m -1)
instantaneous heat collection efficiency
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ABSTRACT
The individual control of temperature and humidity is important for a comfortable ambient
environment. Typically, conventional air-conditioning systems perform dehumidification while cooling.
This may decrease efficiency; moreover, a drain tube is required. With regard to humidification, an
additional humidifier and a supply of water are required, and no-feed water humidification is desired.
The desiccant draws increasing attention to humidity control with high efficiency. In this study, a
novel air-conditioning system using a desiccant coated heat exchanger (DCHE) is proposed. The
system has a DCHE as the third heat exchanger in addition to the original evaporator and condenser,
and the DCHE enables the system to control the ambient air temperature and humidity with high
efficiency. A numerical simulation was carried out in order to estimate the system performance. The
energy conservation of the proposed system was calculated by considering sensible and latent heat
transfer.
Keywords: Air-conditioning, Desiccant, Humidification, Dehumidification.

1. INTRODUCTION
To reduce energy consumption and suppress greenhouse gas emissions, it is necessary to reduce
the use of limited resources, such as fossil fuels, and to adopt renewable energy resources. The
utilization of waste heat attracts increasing attention, and a desiccant system is a promising method
to use waste heat for air-conditioning applications. A desiccant is a material that adsorbs moisture
from the air. The adsorption of moisture from the air decreases the humidity of the air, and thus, dry
air is circulated into the room. The waste heat is used in the desorption of the desiccant. In the study,
we focused on an air-conditioning that uses a desiccant system. One of the most common devices
that uses a desiccant for air-conditioning is the desiccant wheel (DW) (Guo et al., 2017). The
desiccant is coated onto the surface of the DW, and it then rotates to continuously dehumidify the
air. Waste heat is used for the desorption of the desiccant. However, adsorption and desorption on
the DW are isenthalpic processes in which the temperature changes due to the latent heat of
transport of the water. Therefore, the performance is potentially lowered.
In order to overcome this problem, a new waste heat driven air-conditioning system that uses a
desiccant-coated heat exchanger (DCHE) is proposed in the study. The DCHE is a heat exchanger
onto which a desiccant is coated. The coolant flowing in the DCHE maintains the temperature of the
desiccant at a constant value during the adsorption/desorption processes, which can enhance the
performance (Ge et al., 2010). We have investigated the heat and mass transfer characteristics of
the DCHE using polymer sorbent, and built its calculation model (Higashi et al., 2017). Fig. 1 shows
the DCHE used in the research. Polymer sorbent is coated on the surface of multi-port flat tubes and
corrugated fins.
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Figure 1: Desiccant coated heat exchanger

In this study, we proposed a hybrid air-conditioning system combining a DCHE and a compression
refrigeration cycle. The DCHE performs humidification and dehumidification; further, the refrigeration
cycle is responsible for cooling and heating, thus independently carrying out latent and sensible heat
separation air-conditioning, while aiming at achieving energy saving and comfort. Furthermore,
because cooling dehumidification is unnecessary during cooling operations in the summer, it is
possible to perform a non-drain operation, i.e., dehumidification without water condensation on the
surface of the heat exchanger. Finally, during heating operations in the winter, it is possible to perform
no-feed water humidification that introduces moisture from the outside air. Though a room airconditioner that takes in moisture from the outside air and performs humidification has been
developed, the structure of its desiccant component is different, owing to which, we expected our
hybrid air-conditioning system to exhibit higher energy saving performance. In this report, a
calculation model of the hybrid air-conditioning system combining the DCHE calculation model and
the refrigeration cycle calculation model was constructed, and its system performance was predicted.
Cooling/heating demands and dehumidifying / humidifying demands were independently determined
for comparison between the hybrid system and conventional air-conditioning methods.

2. HYBRID AIR-CONDITIONING SYSTEM
Fig. 2 shows a schematic diagram of a hybrid air-conditioning system where the DCHE and
refrigeration cycle are combined. This system consists of a compressor (COMP), four-way valve,
two heat exchangers (HEX1, HEX2), the DCHE, and two variable expansion valves (EXPV1,
EXPV2). One variable expansion valve and the DCHE were added to the conventional room airconditioner.
Fig. 3 shows each mode of operation. During cooling operations in the summer, the indoor heat
exchanger works as an evaporator and the outdoor heat exchanger works as a condenser. In the
case of the dehumidification operation, the EXPV 2 is fully opened, and DCHE works as an
evaporator. Water vapor in indoor air is adsorbed by the DCHE, and dehumidification is carried out.
When EXPV1 is fully opened, the DCHE works as a condenser, i.e., the adsorbed water is desorbed,
and the moisture is exhausted to the outside air. The dehumidification is performed by alternating
the dehumidification operation and the regeneration operation. This method results in a non-drain
operation that does not cause condensation of water vapor in the evaporator. During heating
operations in the winter, the indoor heat exchanger and the outdoor heat exchanger work as a
condenser and an evaporator respectively. During the adsorption operation, the DCHE works as an
evaporator and water vapor in outdoor air is adsorbed. The DCHE works as a condenser during the
desorption operation. The adsorbed water is desorbed to the indoor air, and humidification is carried
out as the next step.
Since only a single DCHE is installed in this hybrid system, dehumidification and humidification are
carried out intermittently. Compared to the system consisting of two DCHEs, it is not possible to
reduce the amount of desiccant under the same dehumidification / humidification rate. However, the
advantages of a simplified refrigeration circuit and airflow switching mechanism have to be
acknowledged and taken into consideration.
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Figure 2: Schematic diagram of a hybrid system
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Figure 3: Modes of operation under each of the different conditions

3. CALCULATION METHODS
3.1.

Calculation Model

The calculation model of the hybrid system was built, and used to predict system performance. The
model was constructed by combining the DCHE calculation model and refrigeration cycle calculation
model. Fig. 4 shows the DCHE calculation model. Multi-port flat tube heat exchangers with
corrugated fins are assumed to have been used as shown in Fig. 4 (a). Fig. 4 (b) shows a crosssectional view of this model. Heat transfer equations governing heat transfer from the air to the
refrigerant, and mass transfer equations controlling the mass transfer process from the air to the
desiccant layer were solved. The desiccant layer was assumed to be a homogeneous wall, and the
heat conduction and mass diffusion of moisture in the layer were calculated. The thermal conductivity
and diffusion coefficient were identified by comparison with the experimental results from a previous
study. The polymer sorbent was assumed to be a desiccant material. Fig. 5 shows the adsorption
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isotherm of the polymer sorbent.
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Figure 4: DCHE calculation model

(b) Sectional view

1

-1

wdd(kg.kg
[kg/kg])
[kg/kg]
wd w

0.81
0.8
0.6
0.6
0.4
0.4
0.2
0.2
0

0 0
0

10

20

10

20

30

40

50

60

70

80

90 100

[%]60 70 80
30
40RH50
Humidity
(%RH)
Adsorption
Desorption

90 100

RH [%]
Adsorption
Desorption

Figure 5: Adsorption isotherm

The temperature and the absolute humidity of the air are calculated by the following equations:
𝜕𝑇𝑎
𝜕𝑇𝑎 𝑙𝑎
+ 𝜌𝑎 𝑐𝑝,𝑎 𝑢𝑎
+ 𝑞 =0
𝜕𝑡
𝜕𝑧 𝑆𝑎 𝑎𝑑
𝜕𝑋𝑎
𝜕𝑋𝑎 𝑙𝑎
𝜌𝑎
+ 𝜌𝑎 𝑢𝑎
+ 𝑚𝑎𝑑 = 0
𝜕𝑡
𝜕𝑧
𝑆𝑎

𝜌𝑎 𝑐𝑝,𝑎

Eq. (1)
Eq. (2)

The thermal conduction and mass diffusion in the desiccant layer are expressed by the following
equations:
𝜕𝑇𝑑
𝜕2
𝜕2
= 𝜆𝑑 ( 2 + 2 ) 𝑇𝑑
𝜕𝑡
𝜕𝑦
𝜕𝑧
2
2
𝜕𝑤𝑑
𝜕
𝜕
= 𝐷𝑑 ( 2 + 2 ) 𝑤𝑑
𝜕𝑡
𝜕𝑦
𝜕𝑧

𝜌𝑑 𝑐𝑑

Eq. (3)
Eq. (4)

where 𝜆𝑑 in Eq. (3) is the equivalent thermal conduction and is equal to 0.11 Wm -1K-1, while 𝐷𝑑 in
Eq. (4) is the equivalent mass diffusion coefficient. Its temperature dependence is expressed by the
following equation:
𝐷𝑑 (𝑇) = 𝐷0 exp (−

𝐸𝑎
)
𝑅𝑇

Eq. (5)

where 𝐷0 = 9.0 × 10−4 m2s-1 ，activation energy 𝐸𝑎 = 3.73 × 104 Jmol-1 ，and gas constant 𝑅 =
8.314 Jmol-1K-1．
The boundary conditions between the air and the desiccant layer are calculated by the following
equations:
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𝜕𝑇𝑑
|
− 𝑚𝑎𝑑 𝛾
𝜕𝑦 𝑦=𝛿
𝑑
𝜕𝑤𝑑
= 𝑘𝑎𝑑 (𝑋𝑎 − 𝑋𝑎,𝑠𝑢𝑟𝑓𝑎𝑐𝑒 ) = 𝜌𝑑 𝐷𝑑
|
𝜕𝑦 y=𝛿

𝑞𝑎𝑑 = ℎ(𝑇𝑎 − 𝑇𝑑|𝑦=𝛿𝑑 ) = 𝜆𝑑
𝑚𝑎𝑑

Eq. (6)
Eq. (7)

𝑑

In Eq. (6), 𝑞𝑎𝑑 is the heat flux, and γ is the latent heat of adsorption or desorption. In Eq. (7), 𝑚𝑎𝑑
is the mass flux of adsorption or desorption, and is proportional to difference between the absolute
humidity of the air and the humidity at the surface of the desiccant layer. For further information,
please consult the reference list.
The refrigeration cycle calculation model consists of a compressor, condenser, expansion valve, and
evaporator. Thermal insulation efficiency of the compressor was assumed, and its outlet state of
refrigerant was calculated from the difference in the corresponding values resulting from isentropic
compression. Isenthalpic expansion was assumed at the expansion valve. Fig. 6 shows the
calculation models of the condenser and the evaporator. Both were assumed to be fin tube heat
exchangers. In each calculation cell, the outlet states of the air and the refrigerant were calculated
from the inlet states.
Air (T, X)

Refrigerant
(P, h, x)

Refrigerant
Air

(a) Schematic view

(b) Calculation cell
Figure 6: Refrigeration cycle calculation model

Energy conservation of the air and the refrigerant are expressed by the following equations:
ℎ𝑎

𝑇𝑎,𝑖 − 𝑇𝑎,𝑜

(𝐴𝑡𝑢𝑏𝑒 + 𝜂𝐴𝑓𝑖𝑛 ) = 𝑚𝑎 (𝑖𝑎,𝑖 − 𝑖𝑎,𝑜 )
ln{(𝑇𝑎,𝑖 − 𝑇 )⁄(𝑇𝑎,𝑜 − 𝑇 )}
ℎ𝑟 (𝑇 − 𝑇𝑟,𝑖 ) = 𝑚𝑟 (𝑖𝑟,𝑜 − 𝑖𝑟,𝑖 )

Eq. (8)
Eq. (9)

where ha and hr are heat transfer coefficients at the air and the refrigerant side respectively, and
𝜂 is fin efficiency.
The momentum conservation of the refrigerant is expressed by the following equation:
(𝑃𝑖 − 𝑃𝑜 )S = 𝜏𝑙tube 𝐿𝑐𝑒𝑙𝑙 + 𝑚𝑟 {(1 − 𝑥𝑜 )𝑢𝑙,𝑜 + 𝑥𝑜 𝑢𝑣,𝑜 − (1 − 𝑥𝑖 )𝑢𝑙,𝑖 − 𝑥𝑖 𝑢𝑣,𝑖 }

Eq. (10)

where 𝜏 is friction loss coefficient that was calculated by Colburn’s equation. Eq. (10) shows the
pressure loss of the refrigerant.
When condensation of water vapor occurs at the evaporator, the mass transfer coefficient was
calculated by the Lewis equation as shown in Eq. (11).
𝑘𝑎 =

ℎ𝑎
𝜌𝑎 𝑐𝑝,𝑎

Eq. (11)

This model calculates the electricity consumption of the compressor and the evaporation
temperature, etc. by using superheating, subcooling, and cooling (heating) capacity as input
variables. The hybrid system calculation model was constructed by combining the DCHE calculation
model and the refrigeration cycle calculation model. For comparison, we also predicted the
performance of a conventional air-conditioner using the same model. In the conventional airconditioner, cooling dehumidification in summer and humidification using a DW with an electric
heater are assumed to be carried out. The electricity consumptions of the hybrid system and the
conventional system were compared, and their energy saving performances were evaluated.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4749

3.2.

Calculation Conditions

In the performance evaluation of the systems, the demands of the cooling / heating capacity and the
dehumidification / humidification rate were determined. In the conventional standard test to evaluate
room air-conditioner performance, it is not possible to evaluate dehumidification / humidification
performance properly because only the total heat load of the air is considered. Therefore in this study,
latent heat load and sensible heat load demands were determined independently. Table 1 shows the
demands in rating condition in summer, intermediate condition in summer, and rating condition in
winter. In this calculation, it was assumed that two adults and two children live in a house whose
floor area is 90 m 2. The magnitude of the dehumidification / humidification demands were calculated
from the amount of ventilation and the extent of sweating. In intermediate condition in summer, the
demand for dehumidification was equal to that in rating condition in summer, and the total heat
demand was halved.
Table 1. Demanded cooling/heating capacities and dehumidification/humidification rate

Condition
Rated in
summer
Intermediate in
summer
Rated in winter

Sensible heat
(kW)

Latent heat
(kW)

Dehumidification /
humidification rate (g.h-1)

Total heat
(kW)

4.89

0.71

1020

5.6

2.09

0.71

1020

2.8

6.7

0.52

750

7.22

Table 2 lists the geometrical properties of the indoor and outdoor heat exchangers and the DCHE.
The amount of desiccant coated on the DCHE was 750g. Table 3 shows indoor and outdoor air
characteristics. Air-conditioner performance test parameters prescribed by the JIS (Japanese
industrial standard) were used. In the hybrid system when the conditions were that of summer, the
evaporation temperature was set to be 1°C higher than the dew point temperature of the indoor air.
This is to prevent water vapor condensation at the evaporator and to perform non-drain
dehumidification.
Table 2. Geometrical properties of heat exchangers

Indoor HEX
Outdoor HEX
DCHE

Width (mm)
751
1264
450

Height (mm)
286
381
300

Depth (mm)
46
66
80

Table 3. Indoor and outdoor air characteristics

Summer indoor
Summer outdoor
Winter indoor
Winter outdoor

Dry bulb T (°C)
27
35
20
7

Wet bulb T (°C)
19
24
15
6

4. RESULTS
Fig. 7 shows the change in temperature and humidity of circulated air, the dehumidification rate, and
cooling capacity in rated conditions in summer. The horizontal axis shows time while the vertical axis
shows the values of each quantity. The initial 1080 seconds (18 minutes) was spent on a
dehumidification operation, the next 240 seconds (4 minutes) was spent on regeneration operation,
and a single cycle of complete operation lasts for 22 minutes. Each operation interval was adjusted
to satisfy the demands shown in Table 1. In Fig. 7b, the dehumidification rate attained the maximum
value at the beginning of the process, and decreased gradually. Because the evaporator does not
perform dehumidification, it was not carried out at the same time as the regeneration operation.
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Because the DCHE and the evaporator are responsible for dealing with latent heat and sensible
heat respectively, separate air-conditioning to control each of these quantities could be carried out.
In addition, it was clarified that the dehumidification rate could be controlled by adjusting the
dehumidification and regeneration operation intervals. The characteristics of the supplied air were
changed dynamically, following which, a time average of the system parameters was taken, and the
performances of the system with the various dynamically adjusted parameters were compared.

(b) Sorption rate and cooling capacity

Figure 7: Calculation results under rated conditions in summer

Table 4 shows the comparison in the performance between the hybrid system and the conventional
system under rated condition in summer. Since the conventional system cannot control cooling load
and dehumidification rate separately, a low evaporation temperature was required. The
dehumidification rate became higher than demanded, which led to higher electricity consumption.
Regarding the hybrid system, its dehumidification rate could be controlled to match the
corresponding demand. The evaporation temperature could be higher than that in the conventional
system. As a result, the electricity consumption could be reduced by about 24% as compared to the
consumption in a conventional system.
Table 4. Comparison between the DCHE system and the conventional heat pump

Dehumidification rate (g.h-1)
Cooling capacity (kW)
Evaporation temperature (°C)
Electricity consumption (kW)

Conventional
system
1532.7
5.60
13.0
1.27

Total
1052.5
5.63
0.96

Hybrid system
Evaporator
0
3.70
15.7

DCHE
1052.5
1.93
15.7

Fig. 8 shows a comparison of electricity consumption under rated intermediate condition in summer,
and rated condition in winter. The high energy saving performance of hybrid systems was revealed.
In summer conditions, the requisite dehumidification rate could be achieved even with a high
evaporating temperature that improved the efficiency of the refrigeration cycle itself. Non-drain
operation was also achieved without cooling dehumidification. In winter condition, the hybrid system
uses heat from the refrigeration cycle for the desorption of the desiccant while the conventional
system uses the electric heater. Therefore, the electricity consumption could be reduced in the hybrid
system. It was shown that the required humidification rate could be achieved through water-free
humidification by adsorbing water from the outside air.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4751

[kW]

Electricity
consumption
(kW)
Electricity
consumption

1.95

2

1.5

1.64

1.27
0.96

1

0.51

0.5

0.37

0

Rated in
Summer
rated Intermediate
Summer
Winter
rated
Rated
in
in
summer
summer
winter
intermidiate
intermediate
rated
rated
Hybridsystem
system
Conventional heat
system
Conventional
pump DCHE

Figure 8: Comparison of electricity consumption

5. CONCLUSION
A Hybrid air-conditioning system combining a desiccant-coated heat exchanger and a refrigeration
cycle was introduced. The demands for cooling / heating capacity and dehumidification /
humidification rate were determined independently, and the system performance was compared to
that of a conventional system. The high energy saving performance of the hybrid system was
obviously apparent under all conditions. It was proven that non-drain dehumidification in summer,
and water-free humidification in winter could be achieved.
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NOMENCLATURE
A

surface area (m 2)
specific heat at constant pressure
cp
(J×kg-1×K-1)
equivalent mass diffusion coefficient
Dd
(m 2×s-1)
Ea activation energy (J×kg-1)
h heat transfer coefficient (W×m -2×K-1)
i
Specific enthalpy (J×kg-1)
k mass transfer coefficient (m×s-1)
l
cross-sectional perimeter (m)
m mass flow rate (kg×s-1)
m ad mass flux (kg×m -2×s-1)
Greek symbols
γ adsorption/desorption heat (J×kg-1)

P

pressure (Pa)

δ thickness (m)

ρ density (kg×m -3)

η fin efficiency, Subscripts
a air
ad air to desiccant
d desiccant
i
inlet
l
liquid

τ friction loss coefficient (-)

qad heat flux (W×m -2)
R

gas constant (J×mol-1×K-1)

S
t
T
u
wd
X
x

cross-sectional area (m 2)
time (s)
temperature (K)
velocity (m×s-1)
moisture content in desiccant (kg×kg -1)
absolute humidity (kg×kgDA-1)
quality of refrigerant (-)

λ thermal conductivity (W×m -1×K-1)

o
r
v
w

outlet
refrigerant
vapor
flat tube wall, refrigerant tube wall
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ABSTRACT  
Growing  awareness  of  the  potential  environmental  impacts  of  conventional  refrigerants  (CFCs  
and  HFCs)  has  led  to  efforts  to  identify  suitable  refrigerants  for  various  heat  pump  applications  
with  minimum  environmental  impact.  This  study  is  focused  on  the  performance  evaluation  of  
pure  propane  and  isobutane  as  drop-in-replacement  for  R134a  for  heat  pump  water  heating  
(HPWH).   A   component-based   model   is   used   to   predict   the   performance.   Key   performance  
parameters  such  as  unified  energy  factor,  first  hour  rating  and  thermal  stratification  in  the  water  
tank   are   investigated.   Appropriate   experiments   are   conducted   to   validate   the   finding   from  
model.  Simulation  and  experimental  findings  suggest  that  both  alternative  refrigerants  could  
provide   comparable   system   performance   to   that   of   the   baseline   system   containing   R134a.  
System   refrigerant   charge   and   the   condenser   discharge   temperature   are   established   to  
investigate   the   potential   of   hydrocarbon   refrigerants   to   substitute   R134a   without   significant  
system  modifications.  
Keywords:  Heat  Pumps,  Hydrocarbons,  Natural  Refrigerants,  Hot  Water  Heating.  

INTRODUCTION  
Residential  and  commercial  water  heating  accounts  for  approximately  10%  of  all  residential  
and  commercial  site  energy  usage  in  the  United  States,  making  it  the  fourth  largest  energy  
end  use  in  homes  (DOE  Building  Technologies  Office,  2016).  On  a  global  scale,  in  2015  water  
heating  consumed  about  15–20%  of  residential  energy  for  OEDC  and  non-OEDC  countries  
as  shown  in  Fig.  1.    

Fig.  1:  End  uses  of  residential  energy  consumed  in  OECD  and  non-OECD  countries  (International  
Energy  Agency,  2016).  

Despite  recent  advancements  in  energy  efficiency,  most  residential  water  heaters  are  either  
conventional   natural-gas-fired   or   electric   storage   heaters.   While   such   systems   are   quite  
simple,   they   have   very   low   system   efficiency.   Conversely,   under   appropriate   conditions,  
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electrically   driven,   vapor   compression   heat   pumps,   or   heat   pump   water   heaters   (HPWHs),  
represent  a  system  opportunity  with  much  higher  thermal  efficiency  than  conventional  electric  
water  heaters,  resulting  in  significant  energy  savings.  
Similar   to   conventional   refrigeration   or   air-conditioning   cycles,   HPWHs   use   a   vapor  
compression   refrigeration   cycle   to   transfer   heat   from   a   low   temperature   ambient   to   a   high  
temperature  reservoir,  a  hot  water  tank.  A  key  parameter  of  interest  is  the  working  fluid  used  
in  the  vapor  compression  cycle.  Conventional  HPWH  systems  deployed  R-22,  which  is  being  
phased  down  due  to  the  high  ozone  depletion  potential  (ODP)  associated  with  this  fluid.  R-
134a  emerged  several  years  ago  as  the  potential  replacement,  and  most  manufacturers  have  
introduced   systems   with   a   reasonably   higher   unified   energy   factor   (UEF)   based   on   this  
refrigerant.  However,  concerns  about  possible  global  climate  change  have  led  to  legislative  
action  all  around  the  world  to  phase  down  the  use  of  hydrofluorocarbons  (HFCs),  including  R-
134a,   in   a   range   of   heating,   ventilation,   air   conditioning,   and   refrigeration   (HVAC&R)  
applications,   due   to   their   relatively   high   global   warming   potential   (GWP).   Since   HPWH  
systems  are  essentially  heat  pumps  relying  on  the  vapor  compression  refrigeration  cycle,  the  
technology   has   been   equally   affected   (McLinden   et   al.,   2017).   Table   1   summarizes   some  
familiar  refrigerants  with  potential  impact  on  the  environment.  
  
Table  1:  Characteristics  and  environmental  impact  of  different  refrigerants  

Refrigerant  
group  
CFCs  
HCFCs  

R11,  R12,  R115  
R22,  R141b,  R124  

HFCs  

R407C,  R32,  R134a  

HFOs  

R1234fy,  R1234ze,  
R1234yz  
R744,  R717,  HC  (R290,  
R600,  R600a)  

Natural  
refrigerants  

Refrigerant  example  

ODP  

GWP100  

0.6–1  
0.02–
0.11  
0  

4750–14400  
400–1800  

Atmospheric  
Flammability  
lifetime  (years)  
45–1700  
Nonflammable  
1–20  
Nonflammable  

140–11700  

1–300  

0  

0–12  

-  

0  

0  

Few  days  

Nonflammable  or  
mildly  flammable  
Mildly  flammable  
HCs:  Highly  
flammable  
R717:  Flammable    
R744:Nonflammable  

  
A  range  of  experimental,  analytical,  and  numerical  studies  have  evaluated  the  performance  of  
HCs   for   various   HVAC&R   applications.   Broadly,   these   refrigerant   studies   used   either   pure  
HCs,  HC  blends,  or  HC  blends  mixed  with  HFCs  and  hydrofluoroolefins  (HFOs).  Urchueguia  
et  al.  (2004)  conducted  an  experimental  study  of  a  commercial  refrigeration  unit  using  R290  
instead  of  R22.  They  concluded  that  the  COP  increased  by  1–3%  and  the  capacity  decreased  
by  13–20%  when  R290  was  used  to  replace  R22.  In  another  similar  study.  Lee  and  Su  (2002)  
compared  the  performance  of  a  domestic  refrigeration  system  with  R600a  to  replace  R12  and  
R22.  Khalid  and  Qusay  (2014)  investigated  the  performance  of  a  residential  air-conditioning  
system   under   high   condensing   temperatures   using   R22,   R290,   R407C,   and   R410A.   They  
found  that  the  cooling  capacity  and  the  power  consumption  for  R410A  were  the  highest  among  
the  four  refrigerants  and  that  R290  required  less  power  and  refrigerant  charge  for  comparable  
performance   to   R22.   Song   et   al.   (2014)   evaluated   the   performance   of   an   air-conditioning  
system  using  R32  and  R290  as  substitute  fluids  for  R22  and  R410A.  They  found  that  at  the  
rated  conditions,  the  COP  of  R32  and  R290  was  significantly  higher  than  that  of  R410A  and  
R22.  In  another  similar  study,  Zhou  et  al.  (2010)  considered  R290  as  a  potential  replacement  
for   R22   in   a   split   air-conditioning   unit   with   different   diameters   of   coiled   capillary   tubes   and  
various  operating  conditions.  They  found  that  the  cooling  capacity  of  the  system  with  R290  
was  lower  than  that  with  R22;;  however,  the  energy  efficiency  ratio  was  higher.    
Multiple   studies   have   focused   on   using   HC   mixtures   as   substitutes   for   conventional  
refrigerants.  Chao  and  Teng  (2014)  studied  the  feasibility  of  using  HC  mixtures  of  R290  and  
R600a   as   alternative   refrigerants   in   a   small-sized   refrigerator   originally   using   R134a.   They  
concluded   from   a   no-load   pull-down   test   that   the   optimal   refrigerant   charge   for   HCs   was  
significantly  lower  than  that  for  R134a.  Rasti  et  al.  (2012)  used  R436a  (56%  R290  and  44%  
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600a)  as  an  alternative  to  R134a  in  a  domestic  refrigerator  and  concluded  that  the  system’s  
on-time   ratio   was   reduced   by   13%   and   that   power   consumption   was   reduced   by   5.3%   as  
compared   to   the   original   system   with   R134a.   Mani   and   Selladurai   (2008)   conducted   an  
experimental  study  using  R290  and  R600a  (68%  and  32%  by  mass,  respectively)  as  a  drop-
in   replacement   for   R12   and   R134a   and   found   that   the   HC   mixture   had   a   higher   cooling  
capacity.      It   is   important   to   note   that   trans-critical   CO2      HPWH   technology   also   relies   on   a  
environmental  friendly  refrigerant,  however,  issues  related  to  high  pressure  and  variable  flow  
rate  pump  system  along  with  intermediate  heat  exchanger  makes  the  technology  less  feasible  
compared  to  HC  based  HPWH  system  (Nawaz,  2017).  
  

2.  ANALYSIS  STRATEGY  
Modeling   a   HPWH   system   has   been   a   challenge   due   to   the   varying   complexities   of   the  
subsystems  and  the  integration  of  the  heat  pump  and  water  tank.  The  DOE/ORNL  Heat  Pump  
Design  Model  (HPDM)  has  been  a  reliable,  public-domain  platform  for  designing,  optimizing,  
and   analyzing   heat   pumps   of   varying   complexity   for   both   residential   and   commercial  
applications.   The   platform   was   used   to   develop   a   HPWH   system   model   that   included   a  
wrapped   tank   condenser   and   accounted   for   features   such   as   thermal   stratification,   piston  
effect,   and   mixing.   The   model   was   calibrated   against   measured   test   data   and   was   used   to  
evaluate  HPWH  performance.    
The  current  study  draws  upon  some  component  modeling  aspects  of  a  previous  ORNL  HPWH  
analysis   for   forced-flow   designs   (Baxter   et   al.,   2011).   Some   of   the   key   HPDM   features  
important  to  the  current  study  are  described  here.  AHRI  10-coefficient  compressor  maps  have  
been  used  to  calculate  mass  flow  rate  and  power  consumption  as  shown  by  Eqs.  (1)  and  (2),  
respectively,  as  function  of  evaporation  and  condensation  temperatures  (ANSI/AHRI  2010).    

m=

1

2
2
3
2
2
+ 2Tevap + 3Tcond + 4Tevap
+ 5TevapTcond + 6Tcond
+ 7Tevap
+ 8Tevap
Tcond + 9Tcond
Tevap +

1

T

Eq.  (1)  

  

W=

3
10 cond

2
2
3
2
2
+ 2Tevap + 3Tcond + 4Tevap
+ 5TevapTcond + 6Tcond
+ 7Tevap
+ 8Tevap
Tcond + 9Tcond
Tevap +

3
10 cond

T

Eq.  (2)  

  

where  Tevap  and  Tcond  are  the  compressor  suction  and  discharge  saturation  temperatures,  and  
α   and   b   are   the   compressor   map   coefficients   for   mass   flow   rate   and   power   respectively.  
1,2,...,10 and   1,2,...,10     are  the  mass  flow  rate  and  power  coefficients  respectively  for  compressor.    
The  HPDM  uses  a  segment-to-segment  modeling  approach,  which  divides  a  single  tube  into  
numerous   mini   segments.   Each   tube   segment   has   individual   air-side   and   refrigerant-side  
entering  states  and  considers  possible  phase  transition;;  the  ε-NTU  approach  has  been  used  
for   heat   transfer   calculations   within   each   segment.   In   addition   to   the   functionalities   of   the  
segment-to-segment   fin-tube   condenser   model,   the   evaporator   model   can   simulate   the  
dehumidification   process.   A   wrapped   tank   condenser   model   was   developed   specifically   for  
this   investigation,   using   a   segment-to-segment   modeling   approach.   The   flow-pattern-
dependent   heat   transfer   correlation   published   by   Thome   (2003)   was   used   to   calculate   the  
condenser’s   two-phase   heat   transfer   coefficient.   The   tank   model   includes   the   thermal  
conductivity   of   the   thermal   paste   (used   to   ensure   good   contact   between   the   wrapped   tank  
condenser  tubes  and  the  tank  wall)  and  the  insulation  covering  the  tank.  Thus,  heat  loss  from  
the  tank  was  captured  for  the  full  time  of  the  operation.  The  transient  tank  model  accounts  for  
one-dimensional  water  temperature  stratification  due  to  natural  convention.  Fig.  2  shows  an  
example  case  (i.e.,  mixing  caused  by  advection  during  water  draw)  for  the  CFD  model  used  
for  the  analysis.  Additional  details  can  be  found  in  Elatar  et  al.  (2017).  A  residential  HPWH  
was   considered   as   the   baseline   water-heating   unit   for   performance   evaluation   and   model  
calibration  as  shown  in  Fig  3.  The  performance  of  this  unit  has  been  evaluated  previously  at  
ORNL  (Murphy  et  al.,  2011).  
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3.  RESULTS  AND  DISCUSSION    
The  US  Department  of  Energy  (DOE)  initiated  a  rulemaking  to  consider  amendments  to  its  old  
test  procedures  for  covered  residential  and  commercial  water  heaters,  as  recommended  in  
the  American  Energy  Manufacturing  and  Technical  Corrections  Act.  Based  on  the  extensive  
testing,  a  new  performance  evaluation  procedure  was  defined.  In  the  new  procedure,  the  tank  
water  temperature  set  point  is  125°F,  and  the  test  conditions  for  inlet  water  and  ambient  air  
temperature  are  prescribed  as  58°F  and  67.5°F  (35–45%  relative  humidity),  respectively.    Key  
performance  metrics  used  to  evaluate  and  compare  the  performance  of  water  heaters  (WHs),  
including  HPWHs,  are  listed  below.    
  

	
  
Fig.  2.  Streamline  for  water  flow  in  
the  tank  during  draw  (m/s).  

  
3.1  First  Hour  Rating  

	
  
Fig.  3.    Temperature  stratification  variation  (measured  vs.  
predicted).    

FHR  is  a  measure  of  the  available  hot  water  capacity  of  the  WH  (in  gallons).  Per  the  new  DOE  
test  method,  hot  water  (125±15°F)  is  drawn  from  the  tank  as  long  as  the  temperature  is  more  
than  67±2°F  higher  than  the  entering  water  temperature.  Once  the  temperature  drops  below  
the   prescribed   limit,   the   supply   is   stopped   until   the   set   point   of   125±1.5°F   is   met   again.  
Following  the  procedure,  the  total  water  drawn  from  the  tank  during  1  hour  indicates  the  total  
capacity  of  the  heat  pump  and  electric  resistance  heaters.    
  
3.2  Unified  Energy  Factor  
UEF  is  a  measure  of  system  efficiency.  It  is  defined  as  the  ratio  of  the  total  heat  delivered  from  
the  system  (by  heating  the  water)  to  the  total  power  required  to  operate  the  system.  Equation  
(3)  describes  the  UEF.  
𝑈𝐸𝐹 =

%& '( (*+ ,*- )
0
              
123
/

Eq.  (3)  

-

In   Eq.   (3)   k   represents   the   individual   hot   water   draw,   considering   that   multiple   draws   are  
required  by  the  test  procedure  and  that  n  (total  number  of  draws)  can  vary  according  to  the  
method  proposed  by  DOE  (small,  medium,  and  large  usage  pattern),  and  M  is  the  total  mass  
drawn  for  each  respective  draw.  Ts,  Ti,  and  Wi  represent  the  supply  water  temperature,  inlet  
water   temperature,   and   total   energy   consumed   by   the   unit   (power   times   unit   run   time),  
respectively.   The   previous   EF   test   procedure   used   a   single   water   draw   pattern—six   equal  
water  draws  of  ~10.7  gallons  each  spaced  equally  during  the  first  5  hours  of  the  EF  test—and  
applied  it  to  all  WHs  (including  HPWHs)  with  a  storage  tank.    In  contrast,  the  new  method  uses  
the  measured  FHR  value  to  define  the  hot  water  draw  pattern.  The  FHR  analysis  concluded  
that   under   all   parametric   conditions,   the   appropriate   draw   pattern   for   the   HPWH   unit  being  
analyzed  was  for  medium  usage  (FHR  varied  between  57  and  64  gallons).    
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4.  PARAMETERS  FOR  PERFORMANCE  EVALUATION  
To  optimize  system  performance,  a  parametric  study  was  conducted  to  investigate  the  impacts  
of   the   condenser   wrap   pattern   and   the   heat   loss   from   the   water   storage   tank.   Two  
representative  insulation  effectiveness  values  were  considered  for  the  heat  loss  from  the  tank,  
90%  and  95%.  The  effectiveness  is  90%  when  the  tank  loses  10%  of  the  energy  input  to  the  
water.  The  effectiveness  is  95%  when  half  that  amount  of  energy  is  lost  through  the  tank  wall  
and   insulation   material   to   the   environment.   This   essentially   accounts   for   two   values   for   the  
resistance   to   heat   loss.   Similarly,   to   explore   the   impact   of   condenser   configuration,   two  
different   wrap   patterns   were   considered   for   analysis   as   shown   in   Fig.   4.   The   counterflow  
pattern   represents   the   flow   of   the   refrigerant   entering   from   the   top   section   of   the   tank   and  
moving  downwards.    In  the  parallel-counterflow  configuration,  the  refrigerant  enters  close  the  
middle  of  the  tank,  moves  upwards,  and  then  comes  back  to  the  middle  section  to  continue  
downwards   (identical   to   the   pattern   used   by   the   prototype   systems   evaluated   in   the   prior  
experimental  study).  In  both  cases,  the  refrigerant  enters  the  system  as  superheated  vapor,  
goes  through  a  phase-change  process,  and  exits  as  a  subcooled  liquid.  Table  2  summarizes  
the  cases  considered  in  current  study.    
  
4.  RESULTS  AND  DISCUSSION  
FHR   is   a   direct   indication   of   system   capacity.   A   larger   FHR   indicates   a   superior   system  
capacity.   It   can   be   observed   from   Fig.   5   that   R290   consistently   shows   a   comparable   FHR  
when  compared  with  baseline  R134a  values,  whereas  R600a  has  an  average  FHR,  close  to  
57   gallons   (lower   than   R134a).   Although   the   system’s   design   parameters   can   have   some  
secondary  impact,  the  FHR  is  a  direct  indication  of  the  volumetric  capacity  of  the  refrigerant.  
The  low  value  for  volumetric  capacity  for  R600a  can  explain  a  relatively  lower  FHR.    
  
  
Table  2.  Simulation  cases  for  parametric  analysis  
Case  number  

Wrap  pattern  

1  

Parallel-
counterflow  
Parallel-
counterflow  
Counterflow    
Counterflow  

2  

  

3  
4  

Tank  insulation  
effectiveness  
(%)  
90  
95  

  

90  
95  

Fig.  4.  Condenser  wrap  configurations:  (a)  
counterflow,  (b)  parallel-counterflow.    

Unified  energy  factor  (UEF)  is  a  direct  measure  of  system  efficiency.  A  larger  UEF  denotes  a  
better  performance.  Fig.  6  presents  the  24  hour  UEF  for  different  refrigerants  as  the  design  
parameters  vary.  Heat  loss  from  the  tank  is  seen  as  a  dominant  factor,  and  UEF  is  higher  for  
the   cases   with   95%   tank   insulation   effectiveness.   On   the   other   hand,   the   condenser   wrap  
pattern  does  not  have  any  significant  impact,  as  observed  from  the  values  presented  in  Fig.  
6.  Among  the  three  refrigerants,  R600a  has  the  lowest  UEF  while  for  R134a  and  R290,  the  
values  are  comparable.    
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Fig.  5.  First  hour  rating  for  different  refrigerants    

	
  

Fig.  6.  Unified  energy  factor  for  different  
refrigerants    

	
  

  
  
COP  is  the  typical  parameter  used  to  describe  the  efficiency  of  a  heat  pump.  It  is  important  to  
recognize  that  COP,  unlike  UEF,  represents  the  efficiency  of  the  heat  pump  only  and  cannot  
be  used  to  indicate  the  performance  of  the  whole  system.  However,  this  is  still  an  important  
parameter   to   consider   as   it   shows   the   stand-alone   performance   of   the   heat   pump.   Fig.   7  
presents   COP   for   the   different   design   options.   Overall,   COP   is   comparable   for   all   design  
options,  with  slightly  better  performance  for  parallel-counterflow  configuration  and  95%  tank  
insulation  effectiveness.  When  the  individual  performance  of  different  refrigerants  is  compared  
for  a  specific  design  option,  COP  is  clearly  lowest  for  R600a,  as  was  the  case  for  UEF.    
An  interesting  relationship  between  insulation  effectiveness  and  supply  water  temperature  is  
presented   in   Fig.   8.   A   higher   supply   water   temperature   results   in   90%   thermal   insulation  
(cases  1  and  3)  because  of  the  control  mechanism  to  turn  the  heat  pump  on  (T  =  120°F)  and  
off   (T   =   125°F),   which   ultimately   lowers   the   system’s   UEF.   The   heat   lost   with   the   poorer  
thermal  insulation  causes  the  heat  pump’s  run  time  to  increase,  leading  to  a  higher  average  
supply  temperature.    

	
  

Fig.  7.  Coefficient  of  performance    

	
  
Fig.  8.  Average  supply  water  temperature    

  
  
Total  system  charge  is  a  critical  parameter  that  has  been  the  focus  of  continuous  effort  toward  
minimization,   not   only   because   refrigerants   are   expensive   but   also   because   class   A3  
refrigerants  present  serious  safety  concerns  for  any  HVAC&R  application.  Fig.  9  compares  
total  system  charge  in  the  evaporator  and  the  condenser.  Even  though  there  is  no  significant  
difference   in   charge   for   various   design   options,   it   is   interesting   and   encouraging   that   the  
charge  required  for  both  R290  and  R600a  is  less  than  half  that  of  the  baseline  R134a.  This  
can  be  explained  in  terms  of  the  lower  molecular  weights  for  the  R290  and  R600a  refrigerants    
which  are  almost  half  that  for  R134a.  This  shows  the  potential  of  HC  refrigerants  to  substitute  
for   R134a   and   indicates   that   further   development   may   allow   an   even   smaller   charge   of  
flammable  refrigerant  to  be  successfully  substituted  to  provide  similar  performance,  thereby  
reducing  safety  concerns.    
Fig.  10  presents  the  maximum  condenser  saturation  temperature  drop.  For  better  heat  transfer  
performance,   a   smaller   temperature   drop,   which   is   directly   related   to   the   pressure   drop  
through  the  condenser,  is  desired.  As  shown  in  Fig.  10,  both  design  options  with  the  parallel-
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counterflow  wrap  pattern  result  in  a  lower  condenser  saturation  temperature  drop,  while  for  
the   counterflow   arrangement,   it   is   higher.   The   higher   condenser   temperature   drop   can   be  
related   to   the   relative   amount   of   condenser   containing   refrigerant   vapor.   Since   for   the  
counterflow  arrangement  there  is  a  slower  transfer  of  heat  in  the  top  part  of  the  water  tank,  
which   contains   relatively   hot   water   (due   to   stratification),   a   longer   heat   exchanger   length  
fraction   in   the   vapor   (higher   pressure   drop)   region   is   required.   In   contrast,   for   a   parallel-
counterflow  arrangement,  vapor  refrigerant  entering  close  to  the  middle  of  the  tank  interacts  
with   relatively   cold   water,   ensuring   a   higher   heat   transfer   rate   and   shorter   vapor   region.  
Analysis   of   the   individual   performance   of   the   refrigerants   shows   that   R290   has   the   lowest  
values.   For   counterflow   arrangement,   both   R-134a   and   R600a   show   comparable  
performance;;  however,  for  parallel-counterflow  configuration,  R600a  has  a  higher  temperature  
drop.  Since  the  saturation  temperature  drop  directly  depends  on  the  saturation  pressure  drop,  
a  condenser  tube  with  relatively  larger  diameter  can  be  helpful;;  however,  this  leads  to  a  higher  
refrigerant  charge,  which  is  undesirable  for  the  current  application.    For  a  drop-in-replacement  
study,   it   is   desirable   to   have   a   comparable   and   preferably   lower   compressor   discharge  
temperature  for  alternative  refrigerants,  as  this  ensures  that  a  similar  compressor  with  existing  
lubrication  can  be  safely  used.  The  issue  is  critical  due  to  the  flammable  nature  of  refrigerants  
as  well.  Fig.  11  compares  the  compressor  discharge  temperature  for  various  design  options  
and  indicates  that  maximum  compressor  discharge  temperature  is  about  10°F  lower  for  R600a  
and  1–2°F  lower  for  R290  compared  to  the  baseline  refrigerant  (R134a).  This  suggests  that  
with  respect  to  oil  temperatures  for  both  refrigerants,  a  safe  substitution  is  possible  without  
significant  modification.  However,  since  the  volumetric  capacity  of  R600a  is  lower,  a  relatively  
larger  compressor  is  required  for  comparable  performance  (i.e.,  COP  and  UEF).    
Thermal  stratification  in  the  storage  tank   has   been   studied   extensively,   and   recent   findings  
have  shown  that  higher  stratification  can  lead  to  improved  UEF,  a  classical  feature  of  CO2-
based   HPWHs   (Nawaz   et   al.,   2017),   since   this   can   provide   better   heat   transfer   from   the  
condenser   tube   to   the   water.   Fig.   12   shows   the   relative   water   stratification   for   different  
refrigerants  and  design  selections  where  the  difference  between  the  supply  water  temperature  
(exiting   the   water   tank)   and   average   tank   water   temperature   is   presented.   There   is   no  
consistent  trend  when  different  design  selections  are  compared,  though  cases  1  and  3  with  
90%   insulation   effectiveness   show   slightly   lower   temperature   differences.      However,   the  
relative  water  temperature  difference  is  lowest  for  R600a  on  average,  which  is  consistent  with  
previous  discussion  regarding  lower  UEF  and  higher  heat  pump  run  time  for  this  refrigerant.  

	
  
Fig.  10.    Maximum  condenser  saturation  temperature  
drop    

Fig.  9.  Total  charge  in  condenser  and  evaporator    
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Fig.  11.  Maximum  compressor  discharge  
temperature    

  

Fig.  12.  Average  difference  between  supply  and  tank  
bulk  temperature    

  

5.  CONCLUSIONS  
A  simulation  study  of  a  wrapped-tank  heat  pump  water  heater  has  evaluated  the  feasibility  of  
using  R290  (propane)  and  R600a  (isobutane)  as  natural  refrigerants  to  substitute  for  R-134a.  
A  model  based  on  the  DOE/ORNL  Heat  Pump  Design  Model  was  developed  to  account  for  
both  the  heat  pump  and  water  tank  designs,  and  it  was  used  to  study  the  impact  of  various  
design  parameters.  It  has  been  found  that  both  R134a  and  R290  showed  comparable  FHR  
and   UEF.   A   relatively   lower   performance   for   R600a   can   be   attributed   to   its   relatively   lower  
volumetric  capacity,  which  can  be  resolved  by  increasing  compressor  size.  The  compressor  
discharge  temperature  was  lower  for  R290  and  R600a  than  it  was  for  R134a.  This  suggests  
that   compressors   of   similar   design   can   be   used   with   these   refrigerants   and   that   existing  
compressor   lubricants   are   feasible.   Total   system   charge   for   R290   and   R600a   was   much  
smaller  compared  to  the  baseline  system  (at  least  50%  reduction).  Considering  the  potential  
flammability  of  replacement  refrigerants,  which  are  safety  class  A3,  the  substitution  of  R290  
or  R600a  would  reduce  safety  concerns  because  a  relatively  smaller  amount  would  be  needed  
to  operate  the  system.  Considering  the  various  performance  parameters,  R290  showed  better  
prospects   as   a   drop-in   replacement   for   R134a,   while   R600a   required   a   relatively   larger  
compressor  size  to  meet  the  baseline  performance.      
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    Air-Conditioning,  Heating,    
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HFC  
CFC  
chlorofluorocarbon  
HFO  
CFD  
computational  fluid  dynamics  
HPDM  
COP  
coefficient  of  performance  
HPWH  
EF  
energy  factor  
  
FHR  
first  hour  rating  
GWP  
global  warming  potential  
HVAC&R  
heating,  ventilation,  air  conditioning,  and  refrigeration  
ODP  
ozone  depletion  potential  
OEDC  
Organization  for  Economic  Cooperation  and  Development  
UEF  
unified  energy  factor  
WH  
water  heater  

hydrocarbon  
hydrofluorocarbon  
hydrofluoroolefin  
Heat  Pump  Design  Model  
heat  pump  water  heater  
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ABSTRACT
Electricity remains the main source of energy for conventional air-conditioning systems, while natural
gas - is traditionally utilized for space heating. In both cases the thermodynamic processes are
inefficient, as high-grade energy wastes its potential for the processes close to ambient temperatures.
The paper describes the methods of multiplication of high, middle and low-grade heat to maximize
the effect of space cooling and heating by combining thermally-driven ejector system with the heat
recuperation process in the Maisotsenko cycle Heat and Mass Exchanger (HMX). Such a
comprehensive and cost-efficient solution for space heating and cooling will help to lower the
environmental loads at least twofold, save fossil fuels by 25-30%, displace 100% of the inhaled air
at no extra cost and reduce by at least 10 times the energy consumption in the most intensive sector
at the expense of the increased efficiency of the proposed technology over the existing systems.
Keywords: air-conditioning, binary mixture, ejector, heat pump, heating, recuperation, residential
building

1. INTRODUCTION
During the centuries people used different types of fuel for space heating - from wood to
hydrocarbons. Heat consumption increases significantly due to the increased population and
industries that consume heat or generate power. There is a necessity appeared to reconsider a
structure of fuel consumption.
The systems of comfortable climate conditions provide space heating and cooling represent right
from the moment when they are required, so energy consumed for those processes is not stored.
As a result of heat and mass exchange, heat and cold release into the atmosphere or intake into a
cooled room that nullifies its exergy. Therefore, consumed energy or electricity is totally lost. Also, it
should be mentioned that it is mostly high temperature heat and electricity consumed for those
processes, but the useful effect does not take into account the exergy of the energy source.
Electric energy received by natural gas combustion is about 40-45% of utilized heat. At the same
time, additional losses during its transfer to a long distance, reverse voltage conversion can reach
up to 25%. The most reasonable way is to use combustion heat combined with solar heaters,
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especially in areas with high solar insulation. Also, it is necessary to apply ejector-based heat pumps
and hydrothermal air recuperation. This approach, calculated using the below set of equations,
allows achieving theoretical COP of space heating up to 4 and air-conditioning up to 6-9.
Based on temperature difference of flows and warm- and cold ends approach only 15-20% of outlet
air heat can be recovered, while heat and mass recovery allow utilizing of up to 75-80% of the outlet
air enthalpy. Ejector Heat Pump (EHP) efficiency reaches up to 1.6-2.0. Provided heat losses though
the walls reach from 70% to 20% of total losses, and heat sink from air exchange, respectively, from
30 up to 80%, the efficiency of the system, proposed in this paper can potentially reach 4 and even
higher value at a proper room insulation (Table 1).
№

Table 1. Efficiency of the Maisotsenko Cycle HMX/EHP system at various heat losses parameters

Losses
though
insulation,
%

1
2
3
4
5
6
7

70
60
50
40
30
25
20

Heat losses from
air recuperation at
various heat
recovery rates, %
80%
75%
6
7.5
8
10
10
12.5
12
15
14
17.5
15
18.75
16
20

Total heat loss
at various heat
recovery rates, %
80%
76
68
60
52
44
40
36

75%
77.5
70
62.5
55
47.5
43.75
40

СОР at
conversion ratio
of 1.8 and heat
recuperation of
80%
2.368
2.647
3.00
3.46
4.09
4.50
5.00

СОР at
conversion ratio
of 1.8 and heat
recuperation of
75%
2.323
2.571
2.88
3.273
3.789
4.111
4.50

The conventional air-conditioning systems produce cold for both air-cooling and air dehumidification.
In tropical climate zone, the ratio of the produced cooling capacity used for dehumidification can
reach up to 80%. The calculated hydrothermal recuperation process allows removing up to 50% of
moisture from the inlet air. EHP increases by 1.6-2.5 times the generation heat for cooling capacity
production in Ejector Refrigeration System (ERS) comparing to heat from the gas heater or solar
collectors. Overall effect of the proposed system is evaluated by the effect of heat and moisture
recuperation and generation heat multiplication in the EHP (Table 2).
Table 2. Efficiency of combined HMX/ERS and HMX/ERS/EHP system at various cooling load on
HMX

№

Cold production
Cold
Generation heat
COP of
COP of combined
by Maisotsenko
production
to cooling
combined
HMX/ERS with
Cycle HMX, %
by ERS, %
capacity ratio, %
HMX/ERS
heat pump*
1
50
50
60.83
1.644
3.633
2
55
45
54.76
1.826
4.036
3
60
40
48.68
2.054
4.54
4
65
35
42.59
2.352
5.197
5
70
30
35.51
2.816
6.223
6
75
25
30.41
3.288
7.267
7
80
20
24.34
4.108
9.08
8
85
15
18.25
5.479
12.109
* COP of the heat pump operating on steam at tgen=170°C, teva=90°C, tcond=100°C

The traditional space heating systems are distinguished from ancient fireplaces only by their 2030%. higher efficiency. Artificial air-conditioning system appeared much later, but their energy
consumption is on a level of space heating systems.
Also, space heating and air-conditioning systems usually represent separate units, except for vapour
compression climate control systems. They are expensive and have a limited operating range in a
space heating mode if the heat source is an ambient air. Heat utilizing air-conditioning system is a
still a rare find due to its price and bulky design. Their efficiency is low at high temperatures or high
ambient air humidity (Buker and Riffat, 2015; Buyadgie et al., 2015; Maisotsenko et al, 2003) and
requires desiccant system to absorb the moisture before cooling the air.
First air-conditioning systems based on ejector technologies were developed and are constantly
improving. Researchers conduct studies on new schematic solutions for climate control systems
based on jet compressor (Besagni et al., 2016; Sarkar, 2012; Chen J. et al., 2011). Comparing to
other studies of ejector systems, some reference papers studied thermopump and binary fluid
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application. That significantly increases systems’ efficiency and support for building a fully
autonomous unit that depends on heat source only (Buyadgie, 2016; Dennis, 2016; Śmierciew et al.,
2014; Buyadgie et al., 2010, 2012, 2012a; Guo et al., 2009).
The purpose of this study is to increase efficiency of the combined climate control and hot water
supply system by full heat utilization and hydrothermal potential of combustion products, as well as
outlet and inlet air potential.

2. HEAT SOURCES AND PRINCIPLES OF HEAT MULTIPLICATION
Fuel combustion is the main way of heat production, while natural gas is the most efficient for
residential and commercial utilities application. It has high heating value up to 1150 Btu/ft3, lower
rate of harmful emissions into the atmosphere than coal or oil. Efficiency of combustion reaches up
to 90-95%, which is significant achievement over the past century. If staged heat removal is applied
up to 60-70°C, that is below a dew point, than the efficiency can even reach up to 103-107%
(Kocheva and Kondratiev, 2015).
Solar thermal energy and various sources of exhaust heat can also be utilized for air-conditioning
and space heating, though during the cold season solar radiation does not perfectly correlate with
the heating needs. It also shall be taken into account that daily variations and limitations during
daylight hours make the solar thermal source unstable. In any way, if those sources can increase
temperatures of inlet air at an initial point, it will decrease load on furnace anyway. For airconditioning, the maximum insolation level corresponds to maximum cold demand. Generally, solar
thermal applications save in an average up to 40-60% of fuel.
Another reserve of heat is recuperation of outlet air. That is achieved by temperature difference and
partial pressure of moisture in inlet and outlet air, which increases its enthalpy by several times.
Compatibility of heating/cooling systems components based on ejector technologies allows saving
in cost of equipment as well as on a footprint and weight. At the same time, energy consumption in
the most energy consuming sector (more than 50%) can be decreased by 5 times and more.
Primarily requirement to conditioning space in winter and summer seasons is availability of effective
insulation. Heat in-and out- leak should be minimized along with radiative heat transfer and these
factors should be considered during buildings design.

3. CONCEPTUAL DESIGNS OF COMPLEX CLIMATE CONTROL SYSTEM BASED ON
EJECTOR TECHNOLOGIES FOR RESIDENTIAL SYSTEM
Combined climate control systems become more popular especially in regions where ambient
temperature usually higher than 0°C.
Electrically driven combined systems are not that efficient, but convenient in service since they are
universal and compact. Usually their price is lower than heater and air-conditioner separately.
Following that principle, based on single furnace utilizing combustion heat of natural gas, it is
possible to develop same service units of several times higher efficiency. It will also serve to
decrease the emissions and energy consumption in utility sector up to 5-10 times. Air recirculation
strategy was modified to a continuous fresh air displacement.
Fig. 1 represents a simple diagram that contains gas water heater and heat and mass exchanger
HMX (Maisotsenko et al., 2002, 2003; Maisotsenko and Galaka, 2018). During winter season, intake
air is preheated by outlet air from the room and then heated up by furnace.
When HMX operates in air-conditioning mode, water evaporation in working channel provides
cooling of product air (Maisotsenko et al., 2002, 2003; Maisotsenko and Galaka, 2018). Such system
is effective in the areas where air relative humidity does not exceed 40%. As a result, energy
consumption decreases by 2-3 times comparing to conventional heating or air-conditioning systems,
and electricity consumption decreased by 3-4 times.
If the relative humidity is higher than 40% and ambient temperature is high, the parameters of supply
air exceeds recommended comfortable parameters, relative humidity reaches 75-100%. In this case,
climate control system is equipped with heat utilizing units that can operate at both cooling and
heating modes. Than unit is ejector based, which differs by low price, energy efficiency and durability.
Fig. 2 and 3 represents the system with ejector unit operating in winter and summer modes.
Efficiency of the ejector unit operating in air-conditioning mode is defined by eq. 1:

z=

Qeva
q
= w eva
Qgen
qgen

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Eq. (1)

4765

Figure 1: Schematic diagram of HMX and Furnace based system,

Figure 2: Schematic drawing of the system with HMX and ERS.

Figure 3: Schematic drawing of the system with HMX and EHP.
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Efficiency of the ejector unit operating in air-conditioning mode with HMX is defined by eq. 2:

QHMX + Qeva
Qgen

Eq. (2)

QHMX + Qeva
j
Qgen

Eq. (3)

z ERV =

Efficiency of the ejector unit operating in air-conditioning mode with HMX/EHP is defined by eq. 3:

zj =

Efficiency of the ejector unit operating in the heating mode is defined by eq. 4:

j=

Qgen + Qeva
Qgen

= 1+ w

qeva
= 1+ z
qgen

Eq. (4)

Efficiency of the ejector unit operating in the heating mode with HMX is defined by eq. 5:

j HMX =

Qgen + Qeva + QHMX

Eq. (5)

Qgen

Entrainment ratio of an ejector is evaluated using method described by (Sokolov and Zinger, 1989),
eq. 6.

K1

w=

wf
agen
,*
mix
acond
,*

K 4 lcond ,C

lgen , A - K3lcond ,C
rf
aeva
- K 2 mix ,* leva , B
acond ,*

,

Eq. (6)

where

P=

l=

P
Peva

k -1
k +1
1- P k
k -1

k +1 æ P ö
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1
k

1- P
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k
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K2 = j2j3j4 = 0.812
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where P the pressure (MPa);k adiabatic index; Π is the relative pressure; K1 the integrated velocity
coefficient of the working flow; K2 the integrated velocity coefficient of the ejected flow; φ1, φ2, φ3 and
φ4 are the experimental velocity coefficients; K3 and K4 are the integrated velocity coefficients; α and
β are the empirical coefficients and γ the relative mass velocity; a the sound speed (m s-1); gen the
parameters of motive flow; eva the parameters of secondary flow; cond the parameters of mixed
flow; rf the refrigerant flow parameters; wf the working flow parameters; mix the mixed flow
parameters; A the nozzle outlet cross section area; B the mixing chamber inlet cross section area;
C the mixing chamber outlet cross section area.
Considering, that ratio of specific evaporation heat of working and refrigerant fluid in Binary Fluid
Ejector System is up to 1.5-2 times higher than Single Fluid Ejector System, efficiency of a Binary
Fluid Ejector Heat Pump (BEHP) and Binary Fluid Ejector Refrigerating System (BERS) is higher by
1.5-1.25 times correspondently (Zhadan et al., 1981; Chen et al., 2011; Buyadgie et al., 2012).
As an example, the efficiency of the ERS operating on single R1233zd(E) at generation temperature
358K, condensation 308K, evaporation 285K, reaches 0.364, BERS operating on
R1233zd(e)/Butane at the same parameters reaches 0.627. Also, efficiency of the single fluid EHP
operating at generation temperature 413K, condensation 333K, evaporation 313K, reaches 1.577,
BEHP operating at the same operating conditions equals to 1.85.
Efficiency of the systems proposed on Fig. 2 and 3 represented on Table 3 and Table 4 respectively.
Table 3. Efficiency of the combined HMX and EHP system at various ambient air parameters.

Ambient
t
RH
°C
%
10
80%
5
80%
0
60%
-5
60%
-10
60%
-15
60%
10
60%
5
60%

HMX outlet
t
RH
°C
%
10.5
100%
10.5
100%
10.5
100%
7.45
100%
4.3
100%
1.1
100%
10.5
100%
10.5
100%

QHMX
kW
5.055
14.598
24.808
24.945
24.907
24.925
8.919
17.319

Room Inlet
t
RH
°C
%
33.57%
33.57%
33.57%
27.32%
28
21.97%
17.50%
33.57%
33.57%

EHP
Qcond
Qgen
kW
kW
17.862 9.655
17.862 9.655
17.862 9.655
20.918 11.307
24.069 13.010
27.266 14.738
17.862 9.655
17.862 9.655

φHMX
2.374
3.362
4.419
4.056
3.764
3.541
2.774
3.644

Table 4. Efficiency of the combined HMX and ERS system at various ambient air parameters.

Ambient
t
RH
°C
%
35
55%
35
50%
35
45%
35
40%
35
35%
35
30%
35
25%

HMX outlet
t
RH
°C
%
24
100%
24
94%
24
85%
24
75%
24
66%
24
57%
24
47%

QHMX
kW
6.224
5.350
5.332
5.315
5.298
5.280
5.263

Room Inlet
t
RH
°C
%
100%
100%
96%
22
85%
74%
64%
53%

ERS

Qeva
kW
3.605
2.277
0.969
0.966
0.963
0.960
0.957

Qgen
kW
5.814
3.673
1.564
1.559
1.554
1.548
1.543

ζHMX

ζφ
φ=2.21

1.690
2.076
4.030
4.030
4.030
4.030
4.030

3.735
4.588
8.906
8.906
8.906
8.906
8.906

Ejector systems are close to commercialization, discussions about that are conducted for the past
10 years (Cizungu et al., 2001; Selvaraju et al., 2004; Huang et al., 2005; Śmierciew et al., 2014).
Systems’ design proposed in the paper though slightly more costly than conventional ones but allows
utilizing of combustion products enthalpy to dew point and increase efficiency by 1.5-2 times. At the
same time, system can be applied in a wide range of climatic zones.
The cost of heating units based on prices for gas heater and compressor type air-conditioning
systems is available, for example price for air-conditioning system with capacity of 5-6kW is $2,500
(“2019 Los Angeles Home AC Unit Cost | Los Angeles Central Air Cost,” n.d.), boiler price is $7,384
(“2019 Los Angeles Home AC Unit Cost | Los Angeles Central Air Cost,” n.d.). Proposed combined
system consists of boiler, as a common part, 4 heat exchangers at a price $800, air duct, tubes,
ejectors with total cost of $1,000. Thus, total cost of ejector-based system is $11,584, that is 11.5%
higher than compressor-based system. Serial manufacturing of ejector-based system will decrease
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the cost by 20-30%. For example, a price for 1 ejector varies from $300 to $500, while the price for
serial production (from 1000 to 10,000 units) decreases from $50 to $12 per unit and depends on
ejectors’ fabrication method.

4. CONCLUSIONS
1.
Climate control system proposed in the article is a low cost, simple and durable, allows to
decrease fuel consumption by 3-5 times comparing to conventional systems.
2.
Operation of any heat utilizing equipment depend on availability of effective heat, hydro- and
steam insulation for operating in winter of summer modes. Otherwise, without proper control over
residential operations, all advantages of new climatic systems would not be realized.
3.
Solar heat application in winter mode and good insulation for both winter and summer allows
to decrease fuel consumption up to 40-60%.
4.
Ejector refrigerating systems and heat pumps operating on safe refrigerants and their
mixtures allow in the best way utilize heat for space heating and air-conditioning, remaining a
cheapest option.

NOMENCLATURE
P
Π
a
λ
K1,K2,
K3,K4

pressure (MPa)
relative pressure (-)
sound speed, (m s-1)
relative velocity (-)

T
t
γ
k

temperature (K)
Temperature (C)
relative mass velocity (-)
adiabatic index

integrated velocity coefficient (-)

ω

entrainment ratio

a

sound speed (m s-1)

φ1,φ2,
φ3,φ4

experimental velocity coefficient (-)

Abbreviations:
EHP

Ejector Heat Pump

BEHP

ERS

Ejector Refrigerating System

BERS

HMX

Heat and Mass Exchanger

RH

Binary Fluid Ejector Heat Pump
Binary Fluid Ejector Refrigerating
System
Relative humidity

Subscripts:
gen
cond
A
C

motive flow parameters
mixed flow parameters
nozzle outlet cross section
mixing chamber outlet cross section

eva
out
B

secondary flow parameters
outlet parameter
mixing chamber inlet cross section

wf
out

working fluid
outlet parameter

Superscripts:
rf
mix

refrigerant fluid
binary fluid mixture
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ABSTRACT
A prototype of an absorption heat transformer with a nominal capacity of 40 kW recovered heat has
been investigated and compared with another prototype which measurements have been presented
in a previous work (Cudok et al., 2017). The new prototype has been designed for
upgrading industrial waste heat by recovering it at a temperature between 80 and 100°C and
boosting it to a temperature level between 120 and 150°C. External heat balances obtained from
measured external temperatures and flow rates combined with internal balances from enthalpy
calculations of liquid and vapor flows have been used to get more insight into the internal process
as occuring in real operation. The amount of adiabatic absorption in the absorber has been
assessed (amounts up to 30% of the total referigerant absorbed), explaining the resulting heat flows
in the main heat exchangers.
Moreover, an observed malfunction consisting of liquid refrigerant carry over from evaporator to
absorber could be quantified with the results of the energy balances, explaining the deviation
between measured coefficients of performance and expected ones.
Keywords: Heat Recovery, Enthalpy, Energy Balance, Absorption, Laboratory.

1. INTRODUCTION
This work aims to analyze the internal process of an absorption heat transformer (AHT) based on
laboratory measurements, and to understand the differences between expected and obtained values
for the coefficient of performance (COP). Two AHT prototypes are analysed by means of mass and
energy balances: the first one presented in previous work, is able to work as an absorption chiller /
heat pump or as a heat transformer (pr I). The second one (pr II) is based on the first one, but is
adapted to be used only as a heat transformer and includes additional temperature sensors.

Figure 1: Absorption heat transformer scheme with measured values
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, Measurement results of pr I have been presented in a previous work (Cudok et al., 2017) including
the externally measured heat flows and a first estimation of the heat transfer coefficients. The same
testrig used for pr I is used for the tests of pr II, that has been built with slighty different heat
exchanger areas as table 1 shows. In a previous work, simulations of the AHT using different tools
and thermodynamical property models but same physical model have been compared with one of
the earliest measurements of the first prototype (Corrales Ciganda et al., 2016). This model has
been used to define the new areas.
Prototype
pr I
pr II

AA
(m 2)
7.6
8.2

AG/AA
(-)
1
1.1

AE/AA
(-)
1
0.8

AC/AA
(-)
1
0.7

𝑉̇ X=A,G,C,E
(m 3/h)
5
5

𝑚̇sol
(kg/h)
700
700

tC,in
(°C)
25-40
25/35

tdrive=tGE,in
(°C)
60-95
85/90/95

Table 1. HX Areas and measurement conditions for prototypes pr I and pr II

tA,in
(°C)
80-130
130

In this work, the results obtained with pr II are compared with the results obtained with pr I. Heat
balances using external heat flows and internal mass and enthalpy flows have been calculated to
understand the differences in the obtained results, and are used to derive the effectiveness of certain
internal processes. These analyses revealed some inefficiencies that are usually not taken into
account in most thermodynamical models of the cycle, and explain the differences between expected
and measured COPs.

2. MEASUREMENTS: EXTERNAL HEAT FLOWS ANALYSIS
2.1.

Experimental Results: Revaluated Heat Flows and COP

Fig. 2 presents the recovered heat flow rates measured for each AHT prototype (𝑄̇A ) and its
coefficient of performance, as a function of the double temperature difference ∆∆𝑡. The double
temperature is an indicator for the driving temperature of the AHT, as presented in (Cudok & Ziegler,
2015) calculated using the definition from Eq. (1):
∆∆𝑡 = (𝑡𝐺 − 𝑡𝐴 ) − 𝐵 ∙ (𝑡𝐶 − 𝑡𝐸 ) = 𝐵 ∙ (𝑡𝐸 − 𝑡𝐶 ) − (𝑡𝐴 − 𝑡𝐺𝐸 )

Eq. (1)

The coefficient of performance for an AHT is defined as the useful high temperature heat flow rate
transferred in the absorber divided by the total amount of waste heat flow rate transferred in
generator and evaporator:
𝐶𝑂𝑃 =

𝑄̇𝐴
𝑄𝐺 +𝑄̇𝐸

Eq. (2)

Figure 2: 𝑸̇𝐀 and 𝐂𝐎𝐏 vs. ∆∆𝒕 for pr I and pr II
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Three sets of operating conditions have been consistently measured for pr II. The conditions
correspond to the expected ones for a pilot plant prototype to be installed in the last phase of the
Indus3Es project. The temperatures of the waste heat source have been variated between 85, 90
and 95°C with fixed inlet temperatures for the cooling water (tC,in =25°C) and for the higher
temperature useful heat stream (tA,in=130°C).These points had been previously measured for pr I
and will be the basis for following analysis. For all measuremensts, flow rates at external circuits and
solution pump has been set constant as presented in Table I.
The recovered higher temperatures heat flow rates measured with pr II are very similar to those
measured with pr I. For example, for waste heat source temperatures of 95°C (∆∆t around 30 K) the
heat flow rates for pr I are between 36.9 and 37.4 kW. For the same waste heat source temperatures
the results of pr II are between 34.3 and 37.8 kW, with a much bigger scatter. Regarding the COP,
the values obtained for pr II are lower for the same operation conditions than those obtained for pr
I.The differences seems to become bigger for points with lower ∆∆t values and lower heat flows.
The differences could be caused by:
• Presence of non condensables gases during pr II measurements.
• Differences in effectiveness of the solution heat exchanger (SHX)
• Differences in heat losses to the surrounding environment
• Differences in adiabatic absorption efficiencies for same operation conditions
• Differences in non-usable refrigerant flows (NURF) between evaporator and absorber
The pressence of non-condensable gases has been investigated but could not be detected for any
measurement. The effectiveness of the solution heat exchanger was calculated with measured
temperatures and resulted in values between 77 and 81% for all tests of both prototypes (no
significant differences). The following sections investigate if either differences in heat losses,
differences in adiabatic absorption rates or differences in the amount of non-usable refrigerant flows
can give a hint for the differences observed in the measurements.
2.2.

AHT Energy Balances and Possible Heat Losses

If the heat balance of the AHT differs from zero at least one of the assumptions made for modelling
is not valid. Either is the AHT not adiabatic or the measurements are not completely under steady
state (thermal masses inside the AHT being still heated up or cooled down). Using all four heat flows
entering/leaving the AHT we can write:
𝑄̇𝑏𝑎𝑙,𝐴𝐻𝑇 = 𝑄̇𝐴 + 𝑄̇𝐺 + 𝑄̇𝐸 + 𝑄̇𝐶

Eq. (3)

Being 𝑄̇X the measured heat flow rates, that are positive when entering the AHT and negative when
leaving it. Thus, a positive value for 𝑄̇bal,AHT indicates that heat is being stored within the AHT
system or transferred to the surrounding environment (heat losses).

Figure 3: 𝐂𝐎𝐏 and 𝑸̇𝐛𝐚𝐥,𝐀𝐇𝐓 vs 𝑸̇𝐀 for pr I and pr II

Positive values for 𝑄̇bal,AHT. are obtained for all measurements. Taking into consideration the
measurement uncertainty, it can be affirmed for all measurements that the value for the unbalanced
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heat flow lays between 0 and 5 kW. For measurements with 𝑄̇,A between 34 and 40 kW (tdrive=95°C)
the obtained COP values for pr II (0.45-0.47) are similar to those of pr I (0.47) Same can be observed
for measurements with revaluated heat flow around 25kW (t drive=90°C) For even smaller 𝑄̇,A values
(tdrive=85°C) the differences in obtained COP between pr I (0.41) and pr II (0.43-0.45) are beyond
the measurement uncertainty. For this measurement with lower heat flow rates the influences of the
non balanced heat flows on the COP is bigger. With an ideal zero value heat balance for the AHT,
the difference between pr I and pr II COP values would be reduced : if the non balanced heat flows
are substracted from the useful heat, the COP values would lay between 0.45 and 0.48 for pr I and
between 0.43 and 0.47 for pr II. Other irreversibilites different than the heat losses must be
responsible of the remaining difference.

3. MEASUREMENTS: INTERNAL ENTHALPY FLOWS ANALYSIS
3.1.

Adiabatic Absorption

Another possible reason for the differences found between measured recovered heat flow rates for
pr I and pr II is that the efficiency of the adiabatic absorption process is different.
In Fig. 1 the streams involved in the adiabatic absorption process are presented. The amount of
refrigerant ideally adiabatically absorbed is calculated assuming adiabatic mixing and absorption up
to saturated state. This can be expressed with the following equations, which are solved
simultaneously using thermodynamic property functions and measured data: vessel pressure, and
measured temperature, mass fraction and mass flow rate of the solution entering the absorber.
𝑚̇𝑆,𝐴,𝑖𝑛 + 𝑚̇𝑅,𝐴𝐴,𝑖𝑑𝑒𝑎𝑙 = 𝑚̇𝑆,𝑇𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙
𝑚̇𝑆,𝐴,𝑖𝑛 ∙ ℎ𝑆,𝐴,𝑖𝑛 + 𝑚̇𝑅,𝐴𝐴,𝑖𝑑𝑒𝑎𝑙 ∙ ℎ𝑅,𝑠𝑡𝑒𝑎𝑚,𝐸−𝐴 = 𝑚̇𝑆,𝑇𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙 ∙ ℎ𝑆,𝑇𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙
𝑚̇𝑆,𝐴,𝑖𝑛 ∙ 𝑋𝑆,𝐴,𝑖𝑛 = 𝑚̇𝑆,𝑇𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙 ∙ 𝑋𝑆,𝑇𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙

Eq. (4)
Eq. (5)
Eq. (6)

with
ℎS,A,in = ℎ(𝑝E , 𝑇S,A,in , 𝑋S,A,in ) ,ℎS,Tmax,ideal = ℎsat (𝑝E , 𝑋S,Tmax,ideal ), 𝑇max,ideal = 𝑇𝑠𝑎𝑡 (𝑝E , 𝑋S,Tmax,ideal )
once 𝑇max,ideal is obtained, the adiabatic absorption effectiveness can be defined as:
𝑇

−𝑇

𝜂𝐴𝐴 = 𝑇𝑚𝑎𝑥,𝑚𝑒𝑎𝑠 −𝑇𝑆,𝐴,𝑖𝑛
𝑚𝑎𝑥,𝑖𝑑𝑒𝑎𝑙

𝑆,𝐴,𝑖𝑛

Eq. (7)

Figure 4: 𝛈𝐀𝐀 for pr II and measured temperatures for pr I and pr II
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By comparing the maximal temperature measured after adiabatic absorption at the vessel with the
ideal maximal temperature from the calculations above, we can obtain a value for the effectiveness
of the adiabatic absorption.
The effectiveness calculations are presented only for measurements with pr II because
measurements of the solution temperature inside the absorber after adiabatic absorption were not
included when pr ! was investigated. Since the maximum temperature inside the vessel could be
higher than the maximum temperature measured at the surface of the first tube rows of the absorber,
the adiabatic absorption effectiveness could be higher than the presented values. Nevertheless, the
values obtained are quite high (between 85 and 95%) and similar for all measured points. The
differences between adiabatic absorption effectiveness calculated for prI and por II are not
significant and do not seem to be the reason for neither the differences in COPs nor for the scatter
in revaluated heat flow rates. Pr II was designed in order to obtain better adiabatic absorption than
for pr I, so the adiabatic absorption effectiveness for pr I is expected to be lower.
3.2.

Non-Usable Refrigerant Flows (NURF)

The non-usable refrigerant flows (NURF) can be defined as refrigerant flows between evaporator
and absorber other than those being absorbed adiabatically or at the surface of the absorber heat
exchanger tube bundles.
The total amount of refrigerant flow rate between generator and condenser is obtained from an
energy balance at the condenser with the assumption of an condensation process without heat
losses in steady state. The measured temperature of the liquid refrigerant leaving the condenser and
the measured pressure inside the lower pressure vessel are used for the calculations.
𝑚̇𝑅 = (ℎ

𝑄̇𝐶

Eq. (8)

𝑅,𝑠𝑡𝑒𝑎𝑚,𝐶−𝐸 − ℎ𝑅,𝐶,𝑜𝑢𝑡 )

with
ℎ𝑅,𝑠𝑡𝑒𝑎𝑚,𝐶−𝐸 = ℎ𝑠𝑡𝑒𝑎𝑚 (𝑝𝐶 , 𝑡𝑑𝑟𝑖𝑣𝑒 )

and

ℎ𝑅,𝐶,𝑜𝑢𝑡 = ℎ𝑙𝑖𝑞𝑢𝑖𝑑 (𝑝𝐶 , 𝑇𝑅,𝐶,𝑜𝑢𝑡 )

In steady state conditions, the refrigerant mass flow rate from evaporator to absorber is the same as
the flow rate from generator to condenser. At the same time, for an ideally insulated absorber this
flow rate should be equal to the addition of the refrigerant flows adiabatically absorbed (m R,AA) and
absorbed at the tube bundle surface (m R,HX). Writing an energy balance around the absorber we get
Eq. (9)

𝑚̇𝑆,𝐴,𝑖𝑛 + (𝑚̇𝑅,𝐴𝐴,𝑖𝑑𝑒𝑎𝑙 + 𝑚̇𝑅,𝐻𝑋,𝑖𝑑𝑒𝑎𝑙 ) = 𝑚̇𝑆,𝐻𝑋,𝑜𝑢𝑡
𝑚̇𝑆,𝐴,𝑖𝑛 ∙ ℎ𝑆,𝐴,𝑖𝑛 + (𝑚̇𝑅,𝐴𝐴,𝑖𝑑𝑒𝑎𝑙 + 𝑚̇𝑅,𝐻𝑋,𝑖𝑑𝑒𝑎𝑙 ) ∙ ℎ𝑅,𝑠𝑡𝑒𝑎𝑚,𝐸−𝐴 = 𝑚𝑆,𝐻𝑋,𝑜𝑢𝑡 ∙ ℎ𝑆,𝐻𝑋,𝑜𝑢𝑡

Eq. (11)

𝑚̇𝑆,𝐴,𝑖𝑛 ∙ 𝑋𝑆,𝐴,𝑖𝑛 = 𝑚̇𝑆,𝐻𝑋,𝑜𝑢𝑡 ∙ 𝑋𝑆,𝐻𝑋,𝑜𝑢𝑡
with ℎ𝑅,𝑠𝑡𝑒𝑎𝑚,𝐸−𝐴 = ℎ𝑠𝑡𝑒𝑎𝑚,𝑠𝑎𝑡 (𝑝𝐸 )

Eq. (10)

and ℎ𝑆,𝐻𝑋,𝑜𝑢𝑡 = ℎ𝑠𝑎𝑡 (𝑝𝐸 , 𝑋𝑆,𝐻𝑋,𝑜𝑢𝑡 ).

According to the definition for NURF given above, we can write:
𝑚̇𝑁𝑈𝑅𝐹 = 𝑚̇𝑅 − (𝑚̇𝑅,𝐴𝐴,𝑖𝑑𝑒𝑎𝑙 + 𝑚̇𝑅,𝐻𝑋,𝑖𝑑𝑒𝑎𝑙 ) = 𝑚̇𝑅 − (𝑚̇𝑅,𝐴𝐴 + 𝑚̇𝑅,𝐻𝑋 )

Eq. (12)

The obtained mass flow rates are plotted together with ṁR,AA obtained with equations (4) to (6).
From the values obtained and shown in Fig. 5 it can be concluded that for the same revaluated heat
output prototype pr I operates with less refrigerant flow rate than pr II.
The flow of adiabatically absorbed refrigerant is really similar for measurements with pr I and pr II,
and accounts for around 18-20% of the total refrigerant flow in measurements with capacities
between 35-40 kW and up to 29% for capacities around 18 kW. The calculated (minimal) amounts
of NURF for measurements of pr II are between 2 and 5 times those (minimal) amounts calculated
for measurements of pr I. These conclusions, however, must be taken very carefully, since the values
obtained for NURF are within the uncertainty range for the calculated refrigerant mass flow rates.
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Figure 5: Refrigerant mass flow rates vs 𝑸̇𝐀

As explained in the text above, there is a mass flow of the non usable refrigerant flows from the
evaporator into the absorber sump bypassing the heat exchanger tubes. It is possible that liquid
refrigerant sprinkles directly into the absorber sump. It is also possible that refrigerant vapor flows
from the evaporator to the absorber chamber, condenses at the shell tube and flows afterwards into
the sump. A mixture of both procedures is also possible. In the case of liquid droplets the condenser
and generator have to condense respectively generate that amount of non usable refrigerant on top
of the refrigerant absorbed at the absorber. The evaporator evaporates the same amount of
refrigerant the absorber absorbs. In the case of condensation at the shell tube at the absorber, the
evaporator needs to evaporate the refrigerant absorbed by the absorber and additional the
refrigerant condensed at the shell tube. In case liquid droplets the influence to the COP will be lower
than in case refrigerant vapor condense at absorber shell tube.
To understand the influence of this non usable mass flow to the COP, its value excluding the heat
input related to non-usable refrigerant flow for its calculation will be estimated. For the case “liquid
refrigerant droplets” the following equations are used:
𝐶𝑂𝑃𝑙𝑑 =

𝑄̇𝐴
̇
̇
(𝑄𝐺 − 𝑄𝐺,𝑁𝑈𝑅𝐹 ) + 𝑄̇𝐸

Eq. (13)

The heat flow for the additional vapor generation in the generator is estimated by multiplication of
the non-usable refrigerant mass flow rate and the specific heat of dilution (𝑟 + 𝑙):
𝑄̇𝐺,𝑁𝑈𝑅𝐹 = 𝑚̇𝑅,𝑁𝑈𝑅𝐹 ∙ (𝑟 + 𝑙)

Eq. (14)

In case of “vapor condensation” at the tube shell the corrected COP depends on the on 𝑄̇G,NURF and
𝑄̇𝐸,𝑁𝑈𝑅𝐹 as following:
𝐶𝑂𝑃𝑣𝑑 =

𝑄̇𝐴
(𝑄̇𝐺 − 𝑄̇𝐺,𝑁𝑈𝑅𝐹 ) + (𝑄̇𝐸 − 𝑄̇𝐸,𝑁𝑈𝑅𝐹 )

Eq. (15)

With
𝑄̇𝐸,𝑁𝑈𝑅𝐹 = 𝑚̇𝑅,𝑁𝑈𝑅𝐹 ∙ 𝑟

Eq. (16)

The relation between the heat of vaporization 𝑟 and the heat of dilution (𝑟 + 𝑙) is described by the
Dühring factor 𝐵 (Ziegler, 1997):
𝑟 ∙ 𝐵 = (𝑟 + 𝑙)

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Eq. (17)

4776

Figure 6: Effect of NURF on the COP

For two measurements, one with with low capacities (𝑄̇A = 17.39 kW, 𝑄̇E = 23.23 kW, 𝑄̇G =
19.34 kW ) and one with high capacities (𝑄̇A = 37.83 kW, 𝑄̇E = 43.10 kW, 𝑄̇G = 38.95 kW ) a variation
of the non usable refrigerant mass flow rate (0 ≥ 𝑚̇R,NURF ≥ 6 kg∙m -2) by adaption the Eqs. (13) to
(17) was done (see Fig. 6) In addition, it was assumed 𝑟 = 2200 𝑘𝐽/𝑘𝑔 and 𝐵 = 1.15.
This figure shows the corrected COP depending on the assumed non usable refrigerant flow. The
mean value of the non usable refrigerant flow is around 4kg/h for the presented measurements (see
Fig. 5). For the low capacity the corrected COP would be 44%, when the case “liquid droplets” will
be compensated, and 46%, when the case “vapor condensate” will be compensate, instead of the
measured COP of 41%. For the high capacity the measured COP of 46% will be corrected to 48%
or 49% respectively. The diagram shows both case separately. The results of a non usable mass
flow consist of sprinkling liquid droplets and condensing vapor will be between the particular curves.

4. CONCLUSIONS
The 𝑄̇,A values measured with pr II are in the same range and only slightly smaller than those
obtained for pr I and presented in (Cudok et al., 2017). The obtained COPs with pr II measurements
were in in almost all cases lower than those obtained with measurements of pr I. One of the reasons
for these differences in COP is the difference in heat losses to the surroundings, that was between
1 and 1.5 kW higher for pr II than for pr I, according to the energy balances.
The flow of refrigerant being adiabatically absorbed accounts for up to 30% of the total refrigerant
flow. Calculated using the maximum temperature measurements inside the absorber of prototype pr
II, at least 17% to 25% of the total flow of refrigerant is absorbed adiabatically (adiabatic absorption
efficiencies in the range of 85-95%). It does not seem likely that differences in adiabatic absorption
explain the differences in COP between pr I and pr II.
Higher Non Usable Refrigerant Flows (NURF) values have been obtained for pr II than for pr I. This
NURF can be either liquid drops flow from the evaporator distribution system into the absorber sump,
or steam flow condensing at any vessel surface. The amount of NURF is estimated to be between 2
and 7% of the refrigerant flow. This can reduce the COP between 1 and 3 percentual points.
Based on these analyses, differences in COP between the two prototypes can be explained by of
the higher NURF values and increased heat losses for pr II compared to pr I. However, the scatter
in recovered heat flows (up to 8%) for measurements of pr II under the same conditions cannot be
explained by these reasons. The main hypothesis for this scatter in recovered heat flows is the
different wetting of the absorber heat exchanger tube bundles during some tests, due to corrosion
and particle accumulation in the solution circuit.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4777

ACKNOWLEDGEMENTS
This work has been developed under the project “Indus3Es: Industrial Energy and Environmental
Efficiency” funded by the Horizon 2020 framework of the European Union, Project No. 680738.
http://www.indus3es.eu

NOMENCLATURE
A
AHT
B
COP
DDT
η
h
ṁ
NURF

Heat exchanger area (m²)
Absorption heat transformer
Dühring factor
Coefficient of performance
Double temperature difference (K)
Effectiveness
Spec. enthalpy (kJ×kg.-1×K-1)
Mass flow (kg×s-1)
Non-usable refrigerant flow

A
AA
Bal
C
drive
E
G
HX
in
ld
liquid
Ideal

Absorber
Adiabatic absorption
Energy balance
Condenser
Driving
Evaporator
Generator
Heat exchanger bundle
Inlet
Liquid droplets
Liquid
Ideal

Symbols
p
pr I / II
Q̇
r
r+l
SHX
t
T
X
Indices
max
meas
NURF
out
R
rec
revaluated
S
sat
steam
th

pressure (kPa)
Prototype 1 / 2
Heat flow (kW)
Spec. heat of vaporization (kJ×kg-1)
Spec. heat of dilution (kJ×kg-1)
Solution heat exchanger
External temperature (°C)
internal temperature (°C)
Mass fraction (kg×kg-1)
Maximal
Measurements
Non-usable refrigerant flow
Outlet
Refrigerant
Recirculation at E
Revaluated
Solution
Saturated
Steam
Thermal
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ABSTRACT
A complete renovation package consisting of a decentralized (apartment size) exhaust-air heat pump
for ventilation and heating installed in the kitchen and an air-to-water HP for domestic hot water
preparation installed in the bathroom were developed. The very compact heat pumps are developed
in order to enable the integration of these units into the window parapet or into the façade. The wall
integration has a high potential in pre-fabrication and leads to an optimal solution for renovation of
small apartments. The solutions aim to be cost effective, involving components and technologies
with high efficiency and minimum noise emissions. With laboratory measurements and refrigerant
cycle simulation, performance maps were generated for different compressor speeds and volume
flows (supply, recirculation and additional ambient air) and depending on the source as well as on
the extract air temperature and humidity. Control strategies were optimized by means of dynamic
building simulations. A mock-up was installed and tested.
Keywords: Deep Renovation, Multi Family House, Compact Heat Pump, Performance, Indoor Air
Quality, Energy Efficiency, Façade Integration.

1. INTRODUCTION
The building sector is responsible for a large percentage of the world energy requirements. Thus, a
future sustainable energy system requires a deep renovation of existing buildings. While renovation
to very low energy consumption by renovating with Passive House components to e.g. the so-called
EnerPHit standard is well proven, the renovation of the HVAC system represents often a major hurdle
in particular in multi-family homes. Non-disruptive renovation of flats is not trivial due to a number of
complications (technical, economic, social). Innovative technologies and smart renovation strategies
are required (see e.g. EU fp7 project iNSPiRe).
So-called Passive House compact hat pump units for ventilation, heating (optionally cooling) and
domestic hot water (DHW) preparation consisting of a mechanical ventilation with heat recovery, an
exhaust air heat pump and a small DHW store are a proven cost-effective and efficient technology
that exist since more than 20 years. However, in spite of their name, market available systems are
far too big to be installed in small flats or apartments of typical multi-family houses.
Within the EU fp7 project iNSPiRe and followed by the Austrian FFG project SalüH! cost-effective
compact ventilation and heat pump units were developed as one of the possible solutions for energy
renovation of small flats, especially in case of limited space Ochs et al. (2017a). Such a system can
be completely integrated in the façade and thus minimizes the space required for renovation inside
the flat. In addition, electricity required by the system can be potentially covered by a photovoltaic
(PV) system installed on the roof or on the façade of the flat Calabrese et al. (2018a). An improved
variant of such a system was developed and investigated. This new ventilation and heating concept
is based on a supply air – exhaust air heat pump, with higher heating power and better control
options of the system ensured by the use of a second condenser (i.e. desuperheater) with
recirculation of secondary air.
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2. CONCEPT
The supply air – exhaust air heat pump system with inverter technology is equipped in addition to
the condenser which heats the supply air to max. 52 °C with a second condenser in which secondary
air is heated. The secondary air is extracted from and supplied to the corridor (i.e. secondary air
recirculation). The use of secondary air increases the heating power of the heat pump and gives the
opportunity to split the power, allowing a better control of the heat pump system. The system uses
the necessary ducts of the ventilation system to distribute space heating power plus one additional
pair of ducts for the recirculation from the kitchen to the corridor. The air distribution system is placed
in the corridor and supplies fresh air to the sleeping room, child room and living room. An electric
radiator is placed in the bathroom for reasons of comfort.
The hydraulic scheme of the heating and ventilation system is shown in Fig. 1. The fresh air is heated
by a pre-heater, an mechanical ventilation with heat recovery (MVHR), the condenser of the heat
pump and, additionally, a post-heater if the power of heat pump is insufficient, before it is supplied
and distributed to the flat. The air is extracted from bathroom and kitchen, cooled in the MVHR and
its enthalpy is used as source for the heat pump. The evaporator of the heat pump is placed in the
exhaust airflow after the energy recovery ventilation and uses the remaining enthalpy of the exhaust
air. Additional ambient air can be used as source of the heat pump. The secondary air, extracted
from the corridor of the flat, is heated in the desuperheater (i.e. “DESUP” in Fig. 1) and is supplied
to the corridor.
One of the big advantages of such a system is the possibility to distribute heating power to the flat
using the ventilation ducts. The mass balanced energy recovery ventilation (ERV) supplies fresh air
to the sleeping room (SL), child room (CH) and living room (LI) and extracts air from the kitchen (KI)
and bathroom (BA).
Fig. 1 shows a 3D view of the flat with a possible configuration of the proposed heating and ventilation
system. In this case, the system is installed similar to a conventional HP split unit with an outdoor
unit (but integrated in the façade of the flat) and an indoor unit (installed in the ceiling of the kitchen),
see also [1]. The outdoor unit is integrated in the façade, while the indoor unit is installed on the
ceiling of the kitchen. An air distribution system is installed in the corridor to supply air to the SL, LI
and CH and collects air from the BA.
SEC

Air distribution
system

DESUP

PostH

EXH

SUP
EXT

PrH

AMB

Indoor unit with
ERV, condenser
and desuperheater
Outdoor unit with
evaporator, compressor
and inverter

Figure 1: (left) Hydraulic scheme of the compact ERV and heat pump system with recirculation air.
“PostH” and “PrH” represent the post-heater and the pre-heater, respectively. “DESUP” indicates the
second condenser (i.e. desuperheater) of the heat pump that is used to heat the recirculation air in
the corridor and (right) 3D view of the flat under investigation

3. FUNCTIONAL MODELS AND LAB TESTING
3.1.

Indoor Unit

The compact unit was designed as a solution primarily for the case of limited space for energy
renovation. The main components of the indoor unit are the ERV unit and the condenser and
desuperheater of the heat pump. The functional model of the indoor unit that was tested in the lab
of University of Innsbruck (UIBK) is shown in Fig. 2. The fresh air - optionally pre-heated in a preheater for frost-protection – is heated in the ERV unit and afterwards in the condenser of the heat
pump before it is distributed in the corridor to the supply air rooms (i.e. SL, CH and LI). The extracted
air (from bathroom and kitchen) is cooled in the ERV unit and is then driven to the evaporator

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4780

installed in the outdoor unit (Fig. 3, see below). The foam casing includes the duct of the secondary
air that is extracted from the corridor, heated in the desuperheater and recirculated to the corridor.
Condenser –
Supply air

ERV

Desuperheater –
Secondary air

Figure 2: Functional model of the indoor unit of the supply air heat pump with recirculation of
secondary air and integrated silencers (Photo: Siko Energiesysteme)

3.2.

Outdoor Unit

Fig. 3 shows the outdoor unit of the proposed system installed into a prefabricated timber frame
façade in the PASSYS test cell at the UIBK. As explained above, this configuration represents one
of the possible solutions in which the outdoor unit is completely integrated into a façade and the
indoor unit is installed in the flat. The inlets for the supply air, additional ambient air and exhaust air
are visible on the façade.
On the photo of the mock-up in the so-called PASSYS test cell at UIBK (Fig. 3, right) the inlet of the
supply air and the outlet of the exhaust air, as well as the inlet of the additional ambient air that is
used as additional source of the heat pump can be seen. The main components contained in the
outdoor unit are the compressor, the evaporator and the expansion valve of the heat pump, whereas
the condenser and the desuperheater are installed in the indoor unit.
Outdoor unit

Fresh air

Inlet to
MVHR

Evaporator

Compressor

Inverter
Figure 3: (left) Outdoor unit in the laboratory at the UIBK and (right) Outside view of the outdoor unit
integrated into the prefabricated timber frame façade in the PASSYS test cell

4. SIMULATION STUDY
The proposed system was developed and tested in the laboratory and then modelled in the
CARNOT/Simulink simulation environment. A simulation study for a flat of a typical multi-family
house (MFH) was performed in order to investigate the performances of the heating system, as well
as thermal comfort and indoor air quality (IAQ) in the flat.
Furthermore, the performance of this new system (i.e. with desuperheater with recirculation of
secondary air) is compared with a reference system (i.e. supply air – exhaust air HP without
desuperheater).
4.1.

Reference Flat and Control of Ventilation and Heating System

The building under investigation is a typical central European multi-story building consisting of five
stories and two symmetrical flats for each storey. The basement and the staircase are not heated.
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The reference flat considered in this study is in the first floor oriented to the Northeast. The flat is
occupied by 3 persons (ca. 23 m² per person). The daily schedule of the occupation profile is valid
also during the weekend. An air change rate of 0.07 (h-1 due to infiltration through the façade is
assumed.
The reference flat is shown in Fig. 4. The flat has a total heated area of 70.9 m² and it consists in six
rooms: kitchen (KI), sleeping room (SL), corridor (CO), bathroom (BA), child room (CH) and living
room (LI).
Figure 4 right hand side, shows a simplified block diagram of the heating system model created in
CARNOT (Matlab/Simulink see previous section). The power of the heat pump is controlled with a
temperature sensor installed in the corridor and, optionally, an additional temperature sensor is
installed in the living room to avoid underheating in the suplly air rooms. This heating system with
supply air and secondary air recirculation gives the possibility to heat the flat with two modes:
 If TLI < TSP, the supply air is used to heat the flat;
 If TLI > TSP, supply air and secondary air are used to deliver heating power
Where TLI and TSP represent the operative temperature of the living room and the set point
temperature of the heating system, respectively.
Tamb
TCO
Control

TLI

system

Heat
mode

QCOND.
HP
model

rpm

QDESUP:.

Figure 4: (left) Floor plan of the flat (70.9 m²) and (right) Block diagram of the system implemented in
CARNOT, Matlab/Simulink. The black points indicate the position of the temperature sensors
considered (i.e. ambient, CO and LI). “Heat mode” indicates the mode with which the power is
delivered to the flat: with supply (i.e. condenser is activated) or with supply and secondary air (i.e.
condenser and desuperheater are activated.

4.2.

Simulation Platform, Modelling and Simulation Parameter

The simulation platform used is CARNOT, a toolbox extension for MATLAB/SIMULINK. UIBK
developed a modified version of CARNOT toolbox (called carnotUIBK) with which an object of the
building is created in MATLAB reading the information from an Excel file. This version of the
CARNOT toolbox gives the possibility to change most relevant parameters (e.g. HVAC system,
controls, model of door opening, etc.) easily in MATLAB/Excel.
The flat of the first floor oriented to Northeast was simulated, while the others flats (below, above
and adjacent the flat simulated), basement, staircase and ambient are boundary conditions of the
flat.
A balanced ERV unit (i.e. Vsup = Vext) supplies 100 m³∙h-1 of fresh air to the sleeping room (SL), child
room (CH) and living room (LI) (40/20/40 m3∙h-1, respectively) and extracts air from the kitchen (KI)
and bathroom (BA) (60/40 m3∙h-1, respectively). Sensible effectiveness (T) of 0.77 and latent
effectiveness () of 0.6 are taken based on measurement results. A secondary air flow rate of
100 m3∙h-1 were considered and an additional ambient air of 200 m3∙h-1 was used as source of the
heat pump in addition to the exhaust air. All the doors of the flat were considered closed, except the
doors of kitchen and living room.
Opening of the windows in summer period is considered for each room. Air exchange between two
adjacent zones through the opening of the doors was modelled in MATLAB/SIMULINK, based on
the equations used in the tool CONTAM Rojas et al. (2015). Additional information regarding the
building model and the flat can be found in Calabrese et al. (2018b).
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The moisture transport and buffering within the building envelope and the exchange of humidity
between the walls and the ambient was taken into account. An annual building and system simulation
of the reference flat of the MFH located in Innsbruck (Austria) was performed in CARNOT,
Matlab/Simulink in order to investigate the energy performance of the proposed system (i.e. supply
air – exhaust air heat pump with recirculation of secondary air) and the thermal comfort and the IAQ
in the flat. A set point temperature of 21 °C for the heating system was assumed.
4.3.

Performance Maps

2600
2400
2200
2000
1800
1600
1400
1200
1000
800
600
400
200
rpm

COP / [-]

Tamb: -10°C
Tamb: -7°C
Tamb: 2°C
Tamb: 7°C
Tamb: 10°C

Tamb: -10°C
Tamb: -7°C
Tamb: 2°C
Tamb: 7°C
COP / [-]

1300
1200
1100
1000
900
800
700
600
500
400
300
200
100

Heating power / [W]

Heating power / [W]

The heat pump model is a dynamic model based on a look up table which is parameterized using
measurement results. Two different sets of Performance Maps (PMs), derived from laboratory
measurements, were implemented in CARNOT. Depending on the compressor speed (revolutions
per minute, rpm), the ambient air temperature (Tamb) and “Heat mode” (i.e. with condenser or with
condenser and desuperehater), total heating power and Coefficient of Performance (COP) of the
heat pump are given. Fig. 5 (top) reports the PM in case of supply air heating and Fig. 5 (bottom) in
case of supply and secondary air heating. In the letter case, the heating power was equally split
between the condenser (50 %) and the desuperheater (50 %).
The ERV model was implemented, using the eta-NTU (eta-NTU) analytical approach, also
parameterized using measurement results, see Ochs et al. (2017b).
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Figure 5: Performance map of the power of the heat pump (left) and the COP (right) depending on the
rpm of the compressor and the ambient air temperature – (top) Heating with supply air and (bottom)
Heating with supply and secondary air

4.4.

KPI

Four Seasonal Performance Factors (SPFs) were defined according to the equations (1)-(4) in order
to evaluate the energy performance of the components and of the system and to be able to compare
it with a reference heating concept.
The seasonal performance factor of the heat pump, 𝑆𝑃𝐹𝐻𝑃 , incudes the electricity consumption of
the two additional fans for the secondary air (Specific Fan Power (SFP) of 0.093 W∙h∙m-3) and for
the additional ambient air (SFP = 0.0565 W∙h∙m-3). The electric power consumption of the fans
𝑊𝑒𝑙,𝐹𝑎𝑛𝑠 is considered in the definition of 𝑆𝑃𝐹𝐸𝑅𝑉 and indicates only the electricity consumption of the
two fans for supply and extracted airflow rate (SFP = 0.4 W∙h∙m-3). An additional consumption of 10
W was assumed for standby.
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(𝑄𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 + 𝑄𝐷𝑒𝑠𝑢𝑝 )
(𝑊𝑒𝑙,𝐶𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑠𝑜𝑟 + 𝑊𝑒𝑙,𝑉𝑠𝑒𝑐 + 𝑊𝑒𝑙,𝑉𝑎𝑚𝑏 )
(𝑄𝐻𝑃 + 𝑄𝑃𝑜𝑠𝑡−ℎ𝑒𝑎𝑡𝑒𝑟 + 𝑄𝑅𝑎𝑑𝑖𝑎𝑡𝑜𝑟 )
𝑆𝑃𝐹𝑠𝑦𝑠 =
(𝑊𝑒𝑙,𝐻𝑃 + 𝑊𝑒𝑙,𝑃𝑜𝑠𝑡−ℎ𝑒𝑎𝑡𝑒𝑟 + 𝑊𝑒𝑙,𝑅𝑎𝑑𝑖𝑎𝑡𝑜𝑟 )
(𝑄𝑃𝑟𝑒−ℎ𝑒𝑎𝑡𝑒𝑟 + 𝑄𝐻𝑋 )
𝑆𝑃𝐹𝐸𝑅𝑉 =
(𝑊𝑒𝑙,𝑃𝑟𝑒−ℎ𝑒𝑎𝑡𝑒𝑟 + 𝑊𝑒𝑙,𝐹𝑎𝑛𝑠 )
(𝑄𝐸𝑅𝑉 + 𝑄𝑠𝑦𝑠 )
𝑆𝑃𝐹 𝑡𝑜𝑡 =
(𝑊𝑒𝑙,𝐸𝑅𝑉 + 𝑊𝑒𝑙,𝑠𝑦𝑠 )

Eq. (1)

𝑆𝑃𝐹𝐻𝑃 =

Eq. (2)
Eq. (3)
Eq. (4)

 𝑄𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑒𝑟 , 𝑄𝐷𝑒𝑠𝑢𝑝 : thermal energy delivered by the condenser and desuperheater, respectively
 𝑊𝑒𝑙,𝐶𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑠𝑜𝑟 : electric consumption of the compressor
 𝑊𝑒𝑙,𝑉𝑠𝑒𝑐 : electric consumption of the secondary air fan
 𝑊𝑒𝑙,𝑉𝑎𝑚𝑏 : electric consumption of the fan for the additional ambient air
 𝑄𝑃𝑜𝑠𝑡−ℎ𝑒𝑎𝑡𝑒𝑟 , 𝑊𝑒𝑙,𝑃𝑜𝑠𝑡−ℎ𝑒𝑎𝑡𝑒𝑟 : thermal and electric consumption of the post-heater, respectively
 𝑄𝑅𝑎𝑑𝑖𝑎𝑡𝑜𝑟 , 𝑊𝑒𝑙,𝑅𝑎𝑑𝑖𝑎𝑡𝑜𝑟 thermal and electricity energy of the electric radiator (bathroom)
 𝑄𝑃𝑟𝑒−ℎ𝑒𝑎𝑡𝑒𝑟 , 𝑊𝑒𝑙,𝑃𝑟𝑒−ℎ𝑒𝑎𝑡𝑒𝑟 : thermal and the electric energy of the pre-heater
 𝑄𝐻𝑋 : thermal energy exchanged in the ERV unit during the heating season
4.5.

Simulation Results

4.5.1.

Thermal comfort and IAQ

The proposed system delivers a high level of IAQ and thermal comfort. The CO2 concentration in the
different rooms is shown in Fig. 6 (left). The IAQ is good in all the rooms. The child room is
characterised by the maximum values of CO2 detected (1025 ppm). Because of the assumption of
closed doors in CH and SL and open door in LI and KI (see above), CO2 concentration is slightly
higher in CH and SL and levelled in LI.

(a)

(b)

Figure 6: Box plot of (left) CO2 concentration (hourly average values) for each room of the flat –
ambient CO2 concentration of 400 ppm (right) operative temperature (hourly average) for each room
of the flat during the heating season in case of the supply air – exhaust air HP (a) or the supply air –
exhaust air HP with secondary air (b)

Fig. 6 (right) shows the comparison between a conventional supply air heating system and the
proposed systems with additional recirculation air with regard to the operative temperatures of the
zones during the winter time. The well-known problem of overheating of supply air rooms (i.e. LI, CH
and SL) in case of supply air heating can be avoided with the new system with recirculation, as an
additional degree of freedom in the control is given by the possibility to split the heat flow to the
condenser and the desuperheater. In both cases, an additional electric radiator installed in the
bathroom is recommended for reasons of comfort. It keeps its temperature constant at 21 °C.
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4.5.2.

Energy performance

SPF / [-]

Fig. 7 and Table 1 show the comparison between the investigated system (i.e. supply air – exhaust
air HP with secondary air) and the reference configuration without desuperheater in terms of energy
performances (SPFs) and energy and electricity demand. Both systems have practically the same
energy performances with a SPFHP of 2.4 and a SPFtot of 3.2. Because of the relative high share of
the direct heating (i.e. electric radiator installed in the bathroom), SPFsys is significantly lower
compared to SPFHP. The slightly higher temperature of the extracted air in case of secondary air
system explains the higher SPFERV compared to the reference system. The energy performances of
both systems is comparable, but the new system is able to ensure better thermal comfort in the flat
(see Fig. 6). The slight overheating of the supply air rooms (i.e. SL, CH and LI) in case of the
reference system explains the higher heating demand (30.5 kWh∙m-2∙a-1)) compared to the system
in which secondary air is used (28.3 kWh∙m-2∙a-1) (see Table 1).
6.0
5.5
5.0
4.5
4.0
3.5
3.0
2.5
2.0
1.5
1.0
0.5
0.0

5.7

5.6

3.2

3.2
2.4

2.4

2.1

Supply air - Exhaust air HP

HP
sys
ERV
tot

2.0

Supply air - Exhaust air HP
with secondary air

Figure 7: Annual SPFs (based on the equations (1) – (4), see section 4.3) for the proposed system
(right) and comparison with the reference heating concept without desuperheater (left)
Table 1. Heating demand (HD), maximum hourly heating load (HL) and electricity demand (ED) for
the proposed and the reference system. The additional electric power of the fans (for both
systems) and for secondary air (only for system with secondary air) are taken into account

Supply air – exhaust air HP
Supply air – exhaust air HP with secondary air

HD
(kWh∙m-2∙a-1)
30.5
28.3

HL
(W∙m-2)
17.3
22.7

ED
(kWh∙m-2∙a-1)
14.8
14.1

Fig. 8 shows the heating power of the investigated heating system. The heating season lasts 8
months (1 October - 1 June) and 13% of the total heating energy is delivered through direct heating
(i.e. heating of BA through electric radiator). Almost 50% of the total electricity consumption of the
HVAC system is due to the compressor (see Fig. 8, right hand side), and also a relevant part is due
to the ventilation system (32% of total electricity consumption during the heating season). The total
electricity demand for the fans is higher as the MVHR works the entire year with a constant supply
airflow rate of 100 m³∙h-1).

Figure 8: (left) Daily average values of the heating power, (centre) pie chart of the annual heating
demand of the flat, and (right) pie chart of the electricity demand of the HVAC system
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The heating demand is HD = 2005 kWh∙a-1 or 28.3 kWh∙m-2∙a) including energy recovery. The total
electricity consumption (during the heating seasons) is 1456.4 kWh∙a-1. In Fig. 8, “FansERV.“ indicates
the two fans (i.e. supply and extract air) of the ventilation system, while “Fanssys.” represents the fans
of the heating system (i.e. for secondary air, additional ambient air).

5. CONCLUSIONS
In the framework of the Austrian project SaLüH!, a new heating and ventilation concept based on a
façade integrated supply air-exhaust air heat pump with secondary air recirculation was developed,
tested in the laboratory and investigated by means of a simulation study in CARNOT,
Matlab/Simulink. The proposed system is suggested as a solution for non-disruptive decentral
renovation of flats in multi-family houses.
The system is, because of the additional degree of freedom for control by using secondary air
recirculation heating able to ensure better thermal comfort compared to the reference supply air
heating system in which heating is coupled to the hygienic air flow rate. Good IAQ with a maximum
value of CO2 of 1025 ppm is obtained in both systems.
Comparable energy performances were found for both systems (i.e. with or without desuperheater)
with a SPFsys of 2.0 and a SPFtot (including ERV) of 3.2. The system performance could be further
improved by reducing the share of direct electric heating (in the bathroom). However, as the system
is supposed to be applied in flats with very low heating demand a SPF of 2 is acceptable. It has to
be considered that such a system has to be compact and cost-effective and it competes direct
electric heating or maybe mini-split heat pumps.
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ABSTRACT
The gas-fired boiler for heating is an important way for space heating in China due to low pollutant
emission. Meanwhile, because the flue gas temperature is much higher than the ambient, there is a
great amount of waste heat in the flue gas. To effectively recover waste heat, a novel heat recovery
system that integrated gas engine driven heat pump and condensation heat exchanger is proposed.
A mathematical model is established to analyse the system performance. The results demonstrate
that the ambient temperature has little impact on the heat recovery performance. The return water
temperature is a key factor affecting the heat recovery performance. The efficiency will increase
while the temperature of return hot water decreases. When the ambient temperature is 0 oC, the
system heat recovery efficiency can reach 14.3%, which is 5.3% higher than the condensing heat
recovery of gas-fired boiler
Keywords: Gas-Fired Boiler, Deep Heat Recovery, Gas Engine Heat Pump, Flue Gas, Energy
Saving.

1. INTRODUCTION
With the rapid development of urbanization, the heating consumption is larger and larger recent
years in the north of China. It accounts for more than 24% of total building energy consumption
(Building Energy Conservation Research Center. 2017). Though the coal fired boiler is the main way
for space heating nowadays, its efficiency of energy utilization is low and pollutant emission is heavy
(Jiang, 2000). Compared with the coal boiler, the efficiency of the gas fired boiler is much higher and
the pollutant emission is less. Therefore, the gas fired boiler become an important way for space
heating gradually. However, the exhausted gas temperature of the gas fired boiler is quite higher
than ambient temperature. There is a great amount of waste heat in the flue gas, which contains
more than 11% of latent heat (Xu et al., 2009). Recovering and reusing waste heat in the flue gas is
an important way to improve the system efficiency, which draws the attention of a large number of
researchers.
The simplest recovery system is sensible heat recovery. In the system, heat is recovered to preheat
the supply air, and boiler efficiency can be promoted by 3-4% (Suntivarakorn and Treedet, 2016).
But the latent heat cannot be recovered in sensible heat recovery system (Wei, 2017). The
condensing heat recovery (CHR) was then developed to recover the latent heat from flue gas. Weber
et al. (2002) analysed the feasibility of condensing heat recovery for recovering waste heat. Both
Wang et al (2010) and Pan et al. (2010) investigated the performance of condensing heat recovery
(CHR). Results indicated that a part of the latent heat can be recovered and the boiler efficiency can
be improved by 8%. However, the exhausted gas temperature with condensing heat recovery is still
high because of the limitation of the return water temperature. Therefore, total heat recovery was
developed to recover heat from the flue gas in the low temperature range. Shang et al (2017) and
Chen et al. (2017) proposed a deep total heat recovery system for gas fired boiler. The results show
that the boiler efficiency can be enhanced by 13.4%, and exhausted gas temperature can be lower
than 30 oC. But the area of heat exchanger is requested to be very large if exhausted flue gas
temperature is expected to be further reduced. This means this kind of system will take up a lot of
space.
In this paper, a novel heat recovery system (NHR) that integrated gas engine driven heat pump
(GEHP) and condensation heat exchanger is proposed. A mathematical model is established to
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analyse the system performance. The effect of main factors on the heat recovery efficiency of NH R
system has been assessed. And the comparison between CHR and NHR is performed.

2. PRINCIPLE OF THE SYSTEM
Figure 1 presents the schematic of NHR system. The return water of heat supply network goes
through the condenser of GEHP, the cylinder liner of the gas engine and the condensing heat
exchanger successively, then returns to the boiler. The flue gas from the boiler and gas engine goes
through the condensing heat exchanger and wall type heat exchanger to heat the return water and
the circulation water, respectively, then exhausts to the ambient finally. The circulation water
circulates among wall type heat exchanger, evaporator of GEHP and spray heat exchanger. The
supply air is heated and humidified in the spray heat exchanger, then enters into the boiler.
A key factor of condensing heat exchanger is the dew point of flue gas. If the dew point of the flue
gas is higher, the amount of heat transfer will be larger in the condensing heat exchanger due to
larger latent heat recovered. Humidifying the supply air is beneficial to increase the dew point of the
flue gas. On the other hand, GEHP can recover more heat from the flue gas by evaporator, to heat
the return water, even the temperature of flue gas is low. Therefore, the temperature of flue gas will
decrease further. That means more waste heat from the flue gas can be recovered and system
efficiency will be promoted a lot.

Figure 1: Schematic of NHR system

3. MATHEMATICAL MODEL OF THE SYSTEM
The mathematical model of NHR system contains three parts of the model: model of boiler, model
of heat exchanger and model of GEHP.
3.1.

Model of Boiler

The model of boiler is used to calculate the energy consumption of the natural gas. The return water
of the heat supply network is 40 oC. The flue gas temperature at the boiler outlet is 150 oC (Bai,
2012). The heat capacity of the boiler is 650kW, and the primary energy efficiency for gas fired boiler
is 0.9 (Yu, 2010). The primary energy consumption, i.e., natural gas consumption, is calculated by
Eq. (1).

PEboiler =

Qb

b

Eq. (1)

Based on the chemical reaction of natural gas combustion, the mass flow rate of supply air and flue
gas can be calculated. In order to grantee the security of the boiler, the excess air coefficient is taken
as 1.2 (Khodabandeh et al., 2016). Moreover, the enthalpy of the flue gas can be calculated by Eq.
(2).
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3.2.

Eq. (2)

Model of Heat Exchangers

The model of heat and mass transfer model is used to calculate of performance of the condensing
heat exchanger, wall type heat exchanger and spray heat exchanger. There are two types of heat
exchanger: wall type heat exchanger (including condensing heat exchanger) and spray heat
exchanger. A lumped parameter method is used in these two models (Kreith, 2012).
In the wall type heat exchanger, the heat transfer process is governed by conservation of energy
and heat transfer equations which are shown in Eqs. (3) and (4).

mg   ig ,in  ig ,out   mw  Cpw  Tw,out  Tw,in 

Q  h  A  Tm

Eq. (3)
Eq. (4)

In the spray heat exchanger, the heat transfer process is governed by conservation of energy and
heat transfer equations. The equations are shown in Eq. (5-6).

ma   ia ,out  ia ,in   mw  Cpw  Tw,in  Tw,out 

Eq. (5)

Q  hm  A  im

Eq. (6)

The mass transfer process is governed by conservation of mass and mass transfer equation. The
equations are shown in Eqs. (7) and (8).

wa  ma   da ,out  da ,in 

wa  hm  A  dm
3.3.

Eq. (7)
Eq. (8)

Model of GEHP

The model of GEHP is used to calculate the energy consumption of the gas engine and the outlet
water temperature of the cylinder liner and evaporator. In the GEHP, the evaporator and condenser
are a kind of wall type heat exchanger. The lumped parameter method is also used in this model.
The calculation equations of evaporator and condenser are shown in Eqs. (9) and (10).

mref   iref ,in  iref ,out   mw  Cpw  Tw,out  Tw,in 

Eq. (9)

Q  h  A  Tm

Eq. (10)

The flue gas from gas engine is used to heat the water from condenser in the cylinder. The governed
equations of heat exchanger process in cylinder are shown in Eqs. (11) and (12).

mg  Cpg  Tg,in  Tg,out   mw  Cpw  Tw,out  Tw,in 

Q  h  A  Tm

Eq. (11)
Eq. (12)

The transmission efficiency axis which links the compressor with the gas engine is taken as 0.9. The
efficiency of the gas engine and the primary energy consumption of the gas engine are calculated
by Eq. (13) and Eq. (14) respectively. Eq. (13) is built on the product performance testing.
3
2
eng  0.71  0.2387  eng
 0.5307   eng
 0.3968   eng  0.2275

Eeng = Wcom eng tran
3.4.

Eq. (13)
Eq. (14)

System Performance Indexes

In order to evaluate the performance of the system, the heat recovery efficiency of NHR system is
defined by Eq. (15).
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NHR  Qrec  Eboiler  Eeng 

Eq. (15)

The total amount of heat recovered includes the amount of heat in evaporator, condensing heat
exchanger and cylinder liner. Therefore, total amount of heat recovery is calculated by Eq. (16).

Qrec  Qeva  Qcyl  Qchx

Eq. (16)

The main and key component of CHR for the gas fired boiler is condensing heat exchanger. The
calculation model of the condensing heat exchanger is the same as that described in section 3.2.
The heat recovery efficiency of CHR is calculated by Eq. (17).

CHR  Qrec,CHR Eboiler

Eq. (17)

The simulation procedure is shown in Fig. 2. What we need input is ambient temperature, return
water temperature and flue gas temperature from boiler. After that, the inlet water temperature of
evaporator and humidity of spray heat exchanger outlet need to be assumed. Then solve the model
of GEHP, condensing heat exchanger, wall type heat exchanger and spray heat exchanger. After all
the processes above, the maximum error will be calculated. If the maximum error is accepted, then
simulation is done. If not, the inlet water temperature of evaporator and humidity of spray heat
exchanger outlet need to be adjusted to continue the calculation.

Figure 2: Simulation flowchart of NHR model

4. RESULTS AND DICUSSION
4.1.

Effect of Ambient Temperature on the System Performance

Fig. 3(a) shows the relationships of ambient temperature with heat exchanged in heat exchangers.
Fig. 3(b) shows the relationships of ambient temperature with heat recovery efficiency and exhausted
gas temperature. The results reveal that when ambient temperature increase from -10 oC to10 oC,
the amount of heat recovered increase from 102.6kW to 106.2kW. The increment is expected to be
very slight. The main reason for this result is the number of moisture added into supply air is very
small because of low temperature. In this case, the enthalpy of flue gas from the boiler increases a
little. On the other hand, temperature of the return water is the same. The heat transfer effect of
condensing heat exchanger is improved a little. The heat recovery efficiency is larger when the
ambient temperature is higher, though the exhausted gas temperature is higher. Because higher
ambient temperature means larger enhancement of flue gas enthalpy. When ambient temperature
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increase from -10 oC to10 oC, the efficiency of heat recovered increase from 14.1% to 14.6%.
Therefore, the ambient temperature has negligible impact on the performance of NHR.
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Figure 3: Individual relationships of ambient temperature with heat exchanged in heat exchangers,
heat recovery efficiency and exhausted gas temperature

When the ambient temperature is 0 oC and the relative humidity is 40%, the total heat recovered is
104.22kW. In this case, and the heat recovery efficiency is 14.3%. Because considerable amount of
heat from flue gas has been recovered, the exhausted gas temperature decreases to 17.03 oC, which
is much lower than any other heat recovery technologies.
4.2.

Effect of Return Water Temperature on the System Performance

Fig. 4 shows the effects of return water temperature on heat exchanged in heat exchangers, heat
recovery efficiency and exhausted gas temperature. The results indicate that when the return water
temperature increase from 35 oC to 45 oC, the amount of heat recovered decrease from 108.1kW to
100.1kW. The change in the amount of heat recovered is obvious. The results show that the main
change is the amount of heat in condensing heat exchanger. This is because the ambient
temperature and relative humidity are the same, the enthalpy of flue gas from the boiler is almost
the same, even lower when the return water temperature is lower. The return water temperature
becomes the key factor of heat recovery efficiency. Lower return water means larger mean
temperature difference in heat transfer of condensing heat exchanger. The heat recovery efficiency
will be high to 14.9% when the return water temperature is 35 oC. Therefore, the exhausted gas
temperature can be lower than 14 oC.
15.2

NHR

100

Qeva
Qcyl
Qchx
Qrec

90
80

22

14.8

20

14.6

(%)

Q(kW)

70

24

Tgout

15.0

60
50

18

14.4

16

14.2

14

40
14.0

30
20

13.8

10

13.6

34

36

38

40

42

44

46

Twhr(oC)

(a)

Tgout(oC)

110

12
10
8
34

36

38

40

o

Twhr( C)

42

44

46

(b)

Figure 4: Individual relationships of return water temperature with heat exchanged in heat
exchangers, heat recovery efficiency and exhausted gas temperature

4.3.

Comparison of NHR and CHR System

The difference of the CHR system from NHR system is that CHR system is without spray heat
exchanger and GEHP. The return water goes through the condensing heat exchanger directly.
Fig. 5 shows the individual relationships of Tamb with heat recovery efficiency, Tgout and Tdp of CHR
and NHR system. The dew point temperature is a function of humidity and dry bulb temperature.
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According to the saturated vapor pressure, the dew point temperature can be estimated. The results
reveal that the heat recovery efficiency of NHR is much high than that of CHR. When the ambient
temperature is 0 oC, the heat recovery efficiency can be promoted by 5.3%. What is more, the
exhausted gas temperature of NHR is much lower than that of CHR. When the ambient temperature
is 0 oC, the exhausted gas temperature of CHR is 42.55 oC, but 17.03 oC in NHR. That means NHR
recovers more waste heat from flue gas. On the other hand, the increased humidity of flue gas results
in the increase of dew point temperature of flue gas because of the spray heat exchanger. Compared
with CHR, largest increment of the dew point temperature of flue gas in NHR is 2.57 oC. That means
flue gas contains more latent heat, and its enthalpy is much high. Therefore, more heat can be
recovered in the condensing heat exchanger in NHR.
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Figure 5: Individual relationships of ambient temperature with heat recovery efficiency, exhausted
gas temperature and dew point temperature of CHR and NHR system

5. CONCLUSIONS
In this paper, a novel heat recovery system that integrated gas engine driven heat pump and
condensation heat exchanger is proposed. A mathematical model is established to analyse the
system performance. The main conclusions can be drawn as followed:
1. The ambient temperature has negligible impact on the performance of NHR. When ambient
temperature increases from -10 oC to10 oC, the heat recovery efficiency increases from 14.1% to
14.6%.
2. The return water temperature is the key factor of the performance of NHR. The heat recovery
efficiency will be high to 14.9% when the return water temperature is 35 oC.
3. The heat recovery efficiency of NHR is much high than that of CHR. When the ambient
temperature is 0 oC, the heat recovery efficiency can be promoted by 5.3%.
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NOMENCLATURE
A
Cp
d
h
hm
i
m
E
Q
T

area, m
specific heat at constant pressure, kJ×kg-1×K -1
humidity, kg×kg-1
heat transfer coefficient, kW×m-2×oC-1
mass transfer coefficient, kg×m-2
enthalpy, kJ×kg-1
mass flow rate, kg×s-1
primary energy consumption, kW
heat capacity/ heat exchanged, kW
temperature, oC
2

Subscriptions
a
air
boiler boiler
chx
condensing heat exchanger
com
compressor
cyl
cylinder liner
eng
gas engine
eva
evaporator
g
flue gas
in
inlet
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w
W
α
η
△dm
△im
△Tm

mass transfer, kg×s-1
power demand, kW
part load rate of gas engine
efficiency
logarithmic mean humidity difference, kg×kg-1
logarithmic mean enthalpy difference, kJ×kg-1
logarithmic mean temperature difference, oC

out
rec
ref
tran
w

outlet
heat recovery
refrigerant
transmission shaft
water
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ABSTRACT
In order to solve the problem of reverse-cycle defrosting of large and medium air source heat pump,
a new type of air source heat pump cycle with multiple parallel outdoor machines defrosting
alternatively was proposed. Through switching valves to realize an outdoor machine defrosting, the
rest of the outdoor machines are in the state of normal evaporative heat absorption at the same
time. In the case of non-stopping heating, defrosting can be realized while recovering frost thawing
cooling capacity. A test platform research system was built in artificial environment room. The law
of the variation of the compressor suction, exhaust pressure and the system thermal performance
in the condition of frost free, frosting and defrosting were discussed.

1. INTRODUCTION
A vapor compression air source heat pump absorbs heat from low temperature environment and
transfers it to heat, so as to achieve the purpose of space heating in winter. It can both help to
achieve energy saving and reduce air pollution emissions. For this reason, especially in recent
decades, the application of air source heat pumps (ASHPs) is more and more extensive in the world
(Hu, W.J. et al, 2011). In the past five years, in order to reduce or completely eliminate haze, with
the vigorous promotion of the government, “coal to electricity” projects, especially in “Jing Jin Ji”
area, have been implemented in rural areas. In winter, the original small coal-fired boilers has been
replaced by air source heat pumps (ASHPs). But when ASHPs operate in winter, especially in high
humidity and cold area, when the evaporator surface temperature is below 0°C, frost may be formed
on the tube surface of its outdoor coil, which degrades performance significantly and even lead the
ASHP unit to shut down. Consequently, defrosting is required to ensure the efficient operation of
the system. Much research has been done on defrosting of air source heat pump at home and
abroad (Melo et al, 2013; Li et al, 2014; Park et al, 2007; Ma et al, 2004; Huang et al, 2001). A
number of studies experimentally investigated the defrosting methods and its effects (Kwak et al,
2010; Liu et al, 2018; Song et al, 2017; Ji et al, 2005;). The methods mainly include warm water
spraying defrosting (Abdel-Wahed et al, 1983), electric heating defrosting (Kim et al, 2015),
compressor shut down defrosting (Ameen et al, 1993), hot gas bypass defrosting (Choi et al, 2011)
and reverse-cycle hot gas defrosting (Byun et al, 2006; Yao, 2004), etc. However, each of these
existing defrosting methods has its own limitations and problems. For example, when air source
heat pump defrosts in reverse cycle, sudden reversal of four-way reversing valve will not only cause
sudden change of suction and exhaust pressure, but also cause mechanical loss of compressor (Li
et al., 2014). For electric heating defrosting, it will consume too much electricity. Traditional
defrosting methods either increase energy consumption or affect normal operation of heating. The
cycle patterns that effectively avoided the two shortcomings were not proposed or studied
thoroughly. The cold energy of the frost layer itself is not effectively recovered. In particular, it can
be recycled into the heat pump itself to increase the energy efficiency of the heat pump.
In this study, a novel heat pump system with multiple parallel outdoor units defrosting alternatively
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(HPMOD) was proposed. Through switching the valves, an outdoor unit defrosting can be realized,
and at the same time the rest of the outdoor units are in normal evaporation and heat absorption.
Without stopping heating, defrosting can be realized and the cold energy during defrosting process
can be recovered to improve the operation efficiency and heating effect of the whole air source heat
pump. An experimental apparatus of this novel air-source heat pump system was developed. A
tested room with artificial load was constructed and the defrosting characteristics of the system
under different working conditions had been experimentally investigated. Variations of system
heating performance under the condition of different indoor air temperature and outdoor air
temperature were obtained. The characteristics of defrosting under different working conditions
were obtained.

2. HPMOD SYSTEM
In refrigeration and heat pump system, if the temperature of refrigerant liquid is lower than the
saturation temperature under the same pressure, it is called sub-cooling. In the experiment, the high
temperature liquid refrigerant from the condenser first enters a frosted evaporator. The frost layer on
the evaporator fins is removed by sub-cooling and exothermic of the high temperature liquid
refrigerant in the evaporator, which is called sub-cooling defrosting (SCD). After defrosting, the subcooled refrigerant is throttled and depressurized by expansion valve and then enters into other
evaporators for normal evaporation and heat absorption. In this study, the new system named
HPMOD system was shown in Fig.1. The system consists of compressor, indoor heat exchanger,
throttle mechanism, outdoor heat exchanger, oil separator, liquid storage, gas-liquid separator and
other accessories. Unlike ordinary units, outdoor units are composed of several evaporators in
parallel. Through switching the solenoid valves, one of them can realize sub-cooling defrosting
(SCD) and the rest ones evaporate and absorb heat normally at the same time. Thus, the functions
of multiple outdoor units for defrosting without stopping heating can be realized. The main road liquid
refrigerant is further sub-cooled which can increase the cooling capacity of the system. The
superheat of the compressor is reduced.
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Figure 1: HPMOD system

The system has two heating operation modes; the specific working modes are as follows:
Mode 1: Common heating mode: all of the outdoor units are in normal evaporation and produce
heating. The solenoid valve E on the liquid supply pipe and the solenoid valves A and D on the
branch pipe of each outdoor unit are opened to realize the evaporation and heating of the liquid
refrigerant in outdoor units after throttling.
Mode 2: Sub-cooling defrosting mode: one outdoor unit is in sub-cooling defrosting (SCD) and the
others are in normal evaporation and heating. Close the solenoid valve E on the liquid supply pipe
and open the solenoid valve F on the sub-cooling pipe. The solenoid valves B and C of the outdoor
unit are opened; the refrigerant liquid is sub-cooled to remove the frost on the fins of the outdoor
unit. At this time, the fan of the outdoor unit is stopped running. The two solenoid valves A and D of
other outdoor units are opened for normal evaporation and produce heating. After throttled, the
super-cooled liquid achieves heat absorption by normal evaporation, and the SCD units rotate
alternately.

3. EXPERIMENTAL APPARATUS AND PROCEDURE
In order to further study the performance of the novel air source heat pump in frosting and defrosting
process. An experimental device was built based on a Danfoss scroll compressor with rated input
power of 4.13 kW. The outdoor unit was composed of 4 finned-tube evaporators in parallel. Each of
them was made up of 4 rows and 4 loops of copper tubes and thin aluminum fins, and its outline
dimension was 500X250X150mm in height, width and thickness, respectively. The indoor unit was
a finned-tube air-cooled condenser. Which was made up of 4 rows and 12 loops of copper tubes and
thin aluminum fins and its outline dimension was 800X1200X350mm in height, width and thickness,
respectively. The model of CAREL E2V09BSF00 were adopted as electronic expansion valve. In
addition, the device also consisted of an oil separator, a liquid storage, a gas-liquid separator and
other accessories. R134a was used as refrigerant. The experimental ASHP unit was installed in an
existing environmental chamber having a simulated indoor heated space and a simulated outdoor
environment. The indoor and outdoor environment was controlled by the DX A/C system and two
load generating units. The outdoor units were installed in the outdoor space, where the
frosting/defrosting cycle operations were carried out. The schematic diagram for the plant was shown
in Fig. 2.
The heating capacity is the enthalpy difference multiplied by the mass flow rate of the liquid
refrigerant through them. The temperatures were measured by Pt100 and the pressures were
measured by the model of Huba with accuracy of ±0.5% of full scale, the refrigerant mass flow rate
was measured by a flow meter with the model of LZB-50 and its accuracy is ±0.2% of full scale. The
compressor power was obtained by means of a high precision electrical measurement instrument
with the model of DZFC-1 and its full scale is 10 kW. The date was obtained by HP34972A with the
accuracy±0.2% of full scale. The enthalpy can be obtained from REFPROP 9.1.
Heating capacity Q:

Q = q ( h3 − h4 )

Eq. (1)

Where, q is mass flow rate of liquid refrigerant throw condenser (kg s-1), h3 is the enthalpy in state
point 3 (kJ kg-1), h4 is the enthalpy in state point 4 (kJ kg-1).
Heating COP:

COP =

Q
P

Eq. (2)

Where, Q is the heat capacity (kW), and P is power input (kW).
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The operating conditions were as follows: outdoor air temperature of −20~0°C and air relative
humidity of 0%~100%. For the fan speed of the condenser was controlled by frequency converter,
the condensation temperature can be controlled of 40~48°C, vapor suction superheat can be
controlled on 10 °C by electronic expansion valve.
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Figure 2: Schematic diagram of the experimental HPMOD system installed
in an environmental chamber

When one outdoor evaporator was in sub-cooling defrosting process, its outlet sub-cooling liquid
temperature would increase gradually with the defrosting process. When the evaporator outlet
temperature reached to 15°C, the defrosting process was considered to be completed and another
outdoor evaporator started to be defrosted in turn.

4. RESULTS AND DISCUSSION
4.1 Parameter Analysis under Specific Working Conditions
Figs. 3-5 showed the frosting and defrosting data of the HPMOD system when the evaporation
temperature was -5°C, condensation temperature was 40°C and the air relative humidity was 80%.
From Fig. 3, it can be seen that when the solenoid valves were switched on or turned off to defrost,
the suction pressure of the compressor dropped sharply at first then went up directly and then
stabilized. There were two reasons about it. The first one was that the number of the evaporator
changes from 4 to 3 immediately, the evaporation area decreased by about 1/4, which resulted in
a significant decrease in the suction pressure of the compressor; the second reason was that the
refrigerant liquid after condensation was not diverted to flow into evaporators to evaporate and
absorb heat but was changed to flow into an outdoor evaporator wholly for sub-cooling defrosting,
this resulted in a short-term insufficient suction of the compressor and a sharp drop in suction
pressure. After a short time of buffering, the suction pressure went up sharply when the refrigerant
liquid flowed out of the sub-cooling defrosting outdoor evaporator into the normal evaporating
outdoor heat exchangers. The exhaust pressure had remained stable at about 1 MPa and fluctuated
little.
From Fig. 4, it can be seen that when each outdoor unit rotated to defrost, the compressor’s vapor
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suction temperature and discharge temperature would decrease correspondingly. This was
because that when an outdoor heat exchanger participated into sub-cooling defrosting, the main
circuit liquid with a larger sub-cooling degree entered into other evaporators through electronic
expansion valves, the superheat of the compressor vapor suction would drop instantaneously,
finally this led to the decrease of the vapor suction temperature and vapor discharge temperature
of the compressor. The exhaust temperature reached a maximum of about 85°C when defrosting
was required of each outdoor heat exchanger.
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Figure 3: Variation of vapor suction and discharge pressure
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Figure 4: Variation of vapor suction and discharge temperature

From Fig. 5, it can be seen that the refrigerant flow rate fluctuated greatly in the process of subcooling defrosting alternatively. Related to the variation of the compressor vapor suction pressure,
the lower the suction pressure was, the lower the refrigerant flow rate was and the refrigerant mass
flow rate drops sharply and rises immediately. For example, at the start-up stage, the suction
pressure of the compressor was about 0.17 MPa, the refrigerant mass flow rate was 93.8 kg h-1;
when the frosting process lasted to 2000s, the refrigerant mass flow rate was 83.4 kg h-1; when
defrosting began, the suction pressure of the compressor reduced to 0.15 MPa, and the refrigerant
mass flow rate reduced to about 64 kg h-1. The refrigerant flow rate tended to the pre-frosting level
when the four outdoor units rotated to defrost and returned to normal mode.
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Figure 5: Variation of refrigerant mass flow rate

4.2 Data Analysis and Comparison under Different Working Conditions
From Fig. 6, it can be seen that at the same evaporation temperature and air relative humidity, the
higher the condensation temperature, the longer the frosting process lasted, this was because that
the higher the condensation temperature was, the greater the temperature difference and pressure
difference of the compressor was. The lower the refrigerant circulating flow rate was, and the lower
the refrigerant mass flow rate of evaporation and heat absorption in the outdoor heat exchanger
was. Under the same conditions, the slower the frosting speed was, the longer the frosting time
would be. When the condensation temperature was 40℃, the maximum heating capacity was about
4.5kW and the minimum heating capacity was about 3.0 kW in the process of defrosting. However,
when the condensation temperature was 45℃, the maximum heating capacity was about 3.5kW
and the minimum heating capacity was about 2.25kW.
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Figure 6: Heating capacity under different condensation temperature
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Fig. 7 was the heating COP under different condensation temperature, it was only in the process of
subcooled defrosting. From it we can see although at different condensation temperature, the
variation rule of heating COP was basically the same. The higher the condensation temperature,
the lower the heating COP. When the condensation temperature was 40℃, the maximum heating
COP was about 3.5 and the minimum heating COP was about 2.7 in the process of defrosting.
However, when the condensation temperature was 45℃, the maximum heating COP was about 2.5
and the minimum heating COP was about 2.0.

5. CONCLUSIONS
In this paper, a novel air source heat pump system named as Heat Pump with Multiple Parallel
Outdoor Units Defrosting alternatively (HPMOD) was designed, constructed and tested. The
defrosting performances were experimentally investigated under different outdoor air temperature,
air relative humidity and condensation temperature and etc. Based on the experimental results, the
following conclusions were drawn:
1) The system can automatically defrost without stopping heating, the frost layer of a single
outdoor evaporator can be removed in 6 minutes. In the process of sub-cooling defrosting, the
compressor vapor suction pressure dropped sharply at first then went up directly and then deceased
gradually. The compressor’s vapor suction temperature and discharge temperature would decrease
firstly and then increase gradually. The vapor suction temperature would come to a constant value
at last.
2) Under different working conditions, the system heat capacity of the rotating defrosting process
was about 2.25kWto 4.5kW and the heating COP was about 2.0 to 3.1.
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NOMENCLATURE
ASHP
HPMOD
COP

Air source heat pump

h

enthalpy (kJ kg-1)

Heat Pump with Multiple Parallel
Outdoor Units Defrosting

tO

Outdoor air temperature (℃)

tk

Condensation temperature (℃)

coefficient of performance
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Ps

Vapor suction pressure (MPa)

Pd

Vapor discharge pressure (MPa)

Q

Heating capacity ( kW)

P
q

Power input (kW)

ts

Vapor suction temperature ( ℃)

td

Vapor discharge temperature (℃)



relative humidity

1, 2,
3…

state points shown in the Figures

mass flow rate (kg s-1)
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ABSTRACT
This work analyses the influence that the liquid receiver pressure has on the efficiency of a onestage CO2 heat pump water heater with gas bypass. The paper begins with the description of the
experimental facility developed for the tests of these kind of heat pumps and continues with a
theoretical discussion of the influence that the liquid receiver pressure has in the system’s
performance. Then the adjustment of the experimentally measured values of compressor power
consumption and mass flow rate to typical AHRI correlations is presented. This adjustment is used
in a simplified numerical model to assess the influence of the liquid receiver pressure in the system’s
performance. The model is finally compared to experimentally measured values of COP. The results
show that the efficiency of this kind of system is always lower than that of a similar system without
gas bypass, although at low gas cooler outlet temperatures the influence of the liquid receiver
pressure is almost negligible and the system’s efficiency is similar to that obtained without gas
bypass.
Keywords: CO2 Transcritical Cycle, Optimal Gas Cooler Pressure, Heat Pump Modelling.

1. INTRODUCTION
Buildings are responsible for around 30 % of the global final energy consumption (Ritchie, 2018),
and more than 20 % of this energy is used for water heating (Dulac et al., 2013). According to Ritchie
(2018), by 2040 water heating efficiency could improve by 43 % through the improvement of the
efficiency of water heating equipment, for example increasing the deployment of heat pumps. On
the other hand, the European Union (UE) and many others developed countries are developing
regulations that aim to reduce the use of the fluorinated gases traditionally used as refrigerants in
heat pumps, so important efforts must be made in developing heat pumps based in the use of low
Global Warming Potential (GWP) refrigerants.
Many different authors are studying natural refrigerants as an alternative to fluorinated gases in
domestic hot water heat pump systems and, particularly, carbon dioxide (R744) is getting a lot of
attention from researchers, although most research studies are focused on air-source systems.
Tammaro et al. (2017) compared through numerical simulation the seasonal performance of two 40
kW air-water heat pump systems, one using CO2 and the other using propane. They found that both
fluids perform similarly in cold climates whereas in warm and average climates propane performs
better. Ohkura et al. (2015) studied numerically the effect of tepid water extraction on the
performance of a CO2 heat pump water heating system. Minetto (2011) developed a theoretical and
experimental study of an air-water CO2 heat pump for domestic hot water production and presented
a control method developed to maximize the COP of the system. Tammaro et al. (2016) studied the
effect of the control strategy on the performance of an air-water CO2 heat pump.
Most of the authors that are studding water-water CO2 heat pumps have centered their attention in
ground source heat pumps (Jin et al., 2016; Ghazizade-Ahsaee and Ameri, 2018). Others authors
that have studied special applications of water-water CO2 heat pumps are Stene (2005) or Liu et al.
(2017).
Several authors, especially in Asia (Hepbasli et al., 2014; Shen et al., 2018), have studied the use
of wastewater as heat source in heat pumps.
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This paper focusses on the study of the influence that the liquid receiver pressure has on the
efficiency of a one-stage CO2 heat pump with gas bypass that recovers energy from wastewater for
hot water generation.

2. EXPERIMENTAL FACILITY
Fig. 1 shows the experimental facility developed at the Technical University of Cartagena for the
study of water-source heat pump water heaters. It consists of a primary refrigerant loop, represented
by green lines in Fig. 1 and two auxiliary loops, represented by solid blue and solid red lines in the
same figure. Although the facility allows studying four different configurations, only the one
represented in Fig. 1 has been already tested.
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Figure 1: Sketch of the experimental facility

The refrigerant loop represented in Fig. 1 corresponds to a typical transcritical one stage CO2 cycle
with gas bypass. Two different electronic back pressure valves (BPV-1 and BPV-2) allow to control
gas cooler and liquid receiver pressure, whereas an electronic expansion valve (EEV) controls the
superheating at evaporator outlet. Temperature is measured using high precision resistance
temperature detectors (RTDs), whereas pressure is measured using absolute pressure transmitters.
Pressure drop in every heat exchanger is measured using differential pressure transmitters. Two
Coriolis effect mass flow meters are used to measure the refrigerant mass flow rate flowing through
the evaporator and the gas bypass. Finally, an energy counter, not represented in Fig. 1, measures
the energy consumption in the compressor.
Two water loops are used to act as cold and hot reservoirs. The cold water loop provides water to
the evaporator, acting as a greywater source. The hot water loop provides water to the gas cooler,
acting as domestic hot water storage tank. The temperature at the inlet as well as the water flow rate
through the heat exchangers in both loops can be accurately controlled using PID controllers.
Alternatively, the system also allows controlling the temperature at the inlet and the outlet of the heat
exchangers. Temperature and pressure of water at heat exchangers inlet and outlet, as well as water
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flow rate are accurately measured, allowing a double check of the evaporator and gas cooler
performance measurement.
All the variables measured are monitored and controlled with an interface developed in LabView®,
National Instrument data acquisition software. This interface also allows controlling the system by
acting over water flow and temperature in both hot and cold water loops, in order to guarantee
stationary test conditions. Each experimental point is obtained as the averaged value for the 90
experimental data measured for each variable during 1800 seconds of steady-state conditions.
Steady-state conditions are assumed when the standard deviation is lower than 1% for each
parameter experimentally measured.

3. INFLUENCE OF INTERMEDIATE PRESSURE ON SYSTEM’S PERFORMANCE
The gas bypass in transcritical one-stage CO2 systems is typically introduced to reduce the pressure
in distribution systems, making possible to use standard pressure components in the lines that
distribute liquid to the evaporators.
Additionally, thanks to the gas bypass the quality at the evaporator inlet is reduced, allowing for
smaller evaporators, while the heat transfer in the evaporator is increased (Fritschi et al., 2017). This
can also reduce the flow maldistribution when mini or micro channel multiport tubes are used for the
evaporator (Kim et al., 2004).
On the other hand, the gas bypass affects the fluid properties at compressor suction and thus could
affect the system’s performance.
Fig. 2 shows a typical pressure-enthalpy diagram for the facility represented in Fig. 1. It has been
obtained for an evaporation temperature of 5 ºC (evaporation pressure 39.7 bar), a superheating of
5 K, a gas cooler pressure of 80 bar, a refrigerant temperature of 25 ºC at the gas cooler outlet and
a liquid receiver pressure of 50 bar, assuming that the internal heat exchanger has been bypassed.
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Figure 2: Pressure-enthalpy diagram

Fig. 3 shows the same cycle when the liquid receiver pressure varies between the two theoretical
extreme values. The maximum liquid receiver pressure is around 60 bar (Fig. 3a), corresponding to
the situation when the fluid enters at the liquid receiver as saturated liquid, whereas the minimum
pressure (Fig. 3b) corresponds to the evaporation pressure (around 40 bar).
When the liquid receiver pressure equals the evaporation pressure (Fig. 3b), all the vapor goes
through the gas bypass and the evaporator only receives liquid. At the evaporator outlet, the
superheated vapor (SH=5 K) is mixed with the saturated vapor that comes from the gas bypass and
the mix have a superheating of 3.75 K. As the liquid receiver pressure increases (Fig. 2), the mass
flow rate through the gas bypass decreases, but the quality in point 6 also decreases. Initially the
superheating in point 1 decreases until it reaches a minimum value (for the conditions represented
in Fig. 2 and Fig. 3, that minimum is around 3.48 K, obtained for a liquid receiver pressure of 48 bar).
If the liquid receiver pressure increases over that value, the superheating begins to increase. At
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maximum liquid receiver pressure, there is no vapor in the receiver and all the refrigerant passes
through the evaporator and the superheating reaches its maximum value (5 K).
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Figure 3: Influence of liquid receiver pressure on thermodynamic cycle

The efficiency of the system can be obtained using Eq. (1):
% '%

Eq. (1)

𝐶𝑂𝑃 = %& '%(
&

)

Since, as discussed previously, the liquid receiver pressure affects the conditions at compressor
suction (affects h1), it could affect also the system efficiency.
The rating of the compressor power input, refrigerant mass flow rate and refrigerating capacity are
provided by most CO2 compressor manufacturer according to AHRI Standard 571-2012, which
established that those values shall be presented using a third degree polynomial equation, that only
depends on the discharge and suction temperature. Additionally, superheating strongly affects the
isentropic and volumetric efficiency in a reciprocating compressor (Morriesen and Deschamps, 2012)
and therefore the liquid receiver pressure could affect the compressor behavior.
In order to obtain the influence that suction conditions have on compressor performance, several
experimental tests have been developed in the facility described in section 2.1.
According to the manufacturer, the compressor mas flow rate can be obtained using Eq. (2) and the
power consumption is given by Eq. (3):
𝑚̇, = 𝐶- + 𝐶/ · 𝑇2 + 𝐶3 · 𝑝5 + 𝐶6 · 𝑇2/ + 𝐶7 · 𝑇2 · 𝑝5 + 𝐶8 · 𝑝5/

Eq. (2)

𝑊̇, = 𝐶- + 𝐶/ · 𝑇2 + 𝐶3 · 𝑝5 + 𝐶6 · 𝑇2/ + 𝐶7 · 𝑇2 · 𝑝5 + 𝐶8 · 𝑝5/ + 𝐶: · 𝑇23 + 𝐶; · 𝑝5 · 𝑇2/ + 𝐶< · 𝑇2 · 𝑝5/ + 𝐶-2 · 𝑝53

Eq. (3)

where T0 is the evaporating temperature in degrees Celsius, pc is the discharge pressure in bar and
coefficients C1 to C10 are given in Table 1.
-

C1

Table 1. Coefficients for compressor mass flow rate and power consumption
C2
C3
C4
C5
C6
C7
C8
C9

𝑚̇, 0.040044 0.001141 -0.000197 1.08·10
𝑊̇, -1904.9
-77.21
78.17
-1.033

-5

-1.7·10

-6

1.195

5.5 ·10

-7

-

-

-

C10
-

-0.5297 -0.0048 0.0052 -0.0032 0.0014

Blue dots in Fig. 4 represent the results obtained when the experimentally measured values of mass
flow rate and power consumption are compared to the values obtained using Eq. (2) and Eq. (3).
Since there is a clear deviation between measured and calculated values, new superheat correction
formulas based on suction densities, similar to the expression proposed in the appendix D of AHRI
Standard 540-2015, are proposed (Eq. (4) and Eq. (5)). The results obtained using those equations
are plotted in red dots in Fig. 4. Although according to that appendix D of AHRI Standard 540-2015,
a change of superheat has negligible impact on power consumption, the results presented in Fig.
4.a show a better adjustment to experimental data when the manufacturer correlation is corrected
using suction density.
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Figure 4: Experimentally measured Vs calculated values of compressor power consumption and
mass flow rate

The expressions for the adjusted mass flow rate and power consumption are given by Eq. (4) and
Eq. (5):
H

𝑚̇=> = −0.00946 · 𝑚̇, + 1.24215 · H)

Eq. (4)

H
𝑊̇=> = 0.84187 · 𝑊̇, + 0.09047 · H)

Eq. (5)

I

I

where 𝜌 is the refrigerant density, the subscript 0 refers to saturated vapor at evaporation pressure
and the subscript 1 refers to actual suction conditions.
According to Eq. (1), the system COP depends on any parameter that can affect the refrigerant
enthalpy at compressor inlet (h1) and outlet (h2) or gas cooler outlet (h3).
Enthalpy at compressor inlet (h1) depends on the evaporation pressure, the superheating degree
and, as discussed previously, the liquid receiver pressure.
Enthalpy at compressor outlet (h2) can be obtained using Eq. (6):
Ṅ

ℎ/ = ℎ- + ,̇OP
OP

Eq. (6)

Consequently, it depends on the compressor discharge pressure, besides all parameter that affect
enthalpy at compressor inlet (h1).
Finally, the enthalpy at the gas cooler outlet (h3) is a function of the pressure and temperature at gas
cooler outlet.
Therefore, neglecting pressure drops and heat losses in the whole system, its COP depends on
evaporation pressure, superheating degree, liquid receiver pressure, gas cooler pressure and gas
cooler outlet temperature. Since in typical applications evaporation pressure and gas cooler outlet
temperature are fixed and the superheating degree is kept constant, for a given application the
system COP will depend on the gas cooler pressure and the liquid receiver pressure.

4. RESULTS AND DISCUSSION
A simplified numerical model has been developed in order the asses the influence that the liquid
receiver pressure has on the system’s efficiency, considering a domestic water heater that recovers
energy from greywater at temperatures between 15 and 35 °C. The evaporation temperature has
been varied between 5 and 25 °C and the superheating degree has been considered constant and
equal to 5 K. The gas cooler outlet temperature has been varied between 10 °C and 50 °C and no
intermediate heat exchanger has been considered.
Fig. 5 shows the influence that the liquid receiver pressure has on system COP for the optimal gas
cooler pressure calculated in each condition. For gas cooler temperatures below the critical
temperature of CO2 (30.978 °C), the optimal gas cooler pressure is the critical pressure, although in
this work the minimal gas cooler pressure has been fixed at 75 bar. Therefore, for a gas cooler outlet
temperature of 20 °C, the maximum liquid receiver pressure (the pressure at which the fluid leaves
the back pressure valve as saturated liquid) is 54.27 bar, lower that the saturation temperature
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corresponding to 20 °C, so only evaporation temperatures of 5, 10 and 15 °C has been considered
for this condition. On the other extreme, for a gas cooler outlet temperature of 50 °C and a
evaporation temperature of 5 °C, the optimal gas cooler pressure is 125 bar and liquid receiver
pressures below 49.3 bar will lead to wet vapor conditions at compressor suction, so these conditions
have not been taken into account if Fig. 5d.
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Figure 5: Influence of liquid receiver pressure on system’s COP at different evaporation and gas
cooler outlet temperatures
35

According to Fig. 5, the behavior is quite similar in all cases. In most cases the COP decreases
initially as liquid receiver pressure increases from evaporation pressure, reaching a minimum value
and then increases until it reaches its maximum value for the higher liquid receiver pressure.
That means that, from the energy efficiency point of view, a system with liquid receiver but without
gas bypass will have always a better performance than a similar system with gas bypass, although
as discussed previously, the gas bypass may have others advantages.
Nevertheless, as Fig. 5 shows, the influence of liquid receiver pressure is almost negligible at low
gas cooler outlet temperature. As that temperature increases, the influence of liquid receiver
pressure becomes stronger and therefore it must be carefully selected in order to not compromise
the system’s efficiency.
This theoretical behavior has been experimentally confirmed as shown in Fig. 6. The blue dots
represent the experimentally measured COP. The red dots represent the COP calculated using the
experimentally measured values of superheating, evaporation temperature and gas cooler outlet
temperature and pressure. The black dashed line represents the COP calculated for the setpoint
conditions (Tevap=10 °C, Tgc,out=25 °C, Pgc=74.8 bar, SH=5 K). As it can be seen, calculated and
measured point are in good agreement and confirm the validity of the numerical model.
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Figure 6: Experimentally measured Vs calculated COP

5. CONCLUSIONS
The influence of the liquid receiver pressure in the efficiency of a transcritical single stage CO2 heat
pump with gas bypass for hot water generation has been theoretically discussed. Compressor power
consumption and mass flow rate have been experimentally modelled in order to be included in a
simplified numerical model. According to the model, the efficiency of this kind of system reaches its
maximum value for the highest liquid receiver pressure and is always lower than for a similar system
without gas bypass. At low gas cooler outlet temperatures the influence of the liquid receiver
pressure is almost negligible and the system’s efficiency is similar to that obtained without gas
bypass. These conclusions are supported by experimental results.
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Ẇ

specific enthalpy (kJ/hg)
pressure (bar)
compressor power consumption (kW)

ṁ
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ABSTRACT
In order to prevent any further increase on the global warming threshold, the HVAC market is still
focused on improving energy efficiency and reducing greenhouse gases. Therefore the market is
still keen on adopting low-GWP air conditioning products. R32 refrigerant is considered as a mildflammable refrigerant and when applied to a VRF system, it often requires additional safety
measures such as shut-off valves, alarm and ventilation thereby causing more strain on the design
and installation aspect of a R32 VRF system. Water based air conditioning system ‘Hybrid VRF’ was
developed to mitigate this issue as it can still be designed, installed & commissioned as a VRF
system, however reduces the requirement for any additional safety measures when R32 refrigerant
is used.
Keywords: GWP, R32 Refrigerants, Hybrid VRF, Water-Based Multi Air Conditioning System, Lower
Flammability.

1. INTRODUCTION
From a desire to prevent global warming, demands to reduce greenhouse gas emissions and save
energy are increasing, and it is necessary to convert to low-GWP refrigerant in air conditioning
equipment. Compact air conditioners such as room air conditioners are being switched from the
current R410A refrigerant to R32 refrigerant which has GWP as low as 675 and is superior in terms
of performance. However, when a lower flammability refrigerant such as R32 refrigerant is applied
to an air conditioner that individually controls each indoor unit such as a building multi air conditioner,
since there are many cases where additional safety measures such as mechanical ventilation and
shutoff valves are required when installing in small rooms, there are problems in equipment design
and construction. Therefore, the world’s first water-based multi air conditioning system with 2-pipe
heat recovery functions “Hybrid VRF” was developed. This system converts the medium from
refrigerant to water in the middle of the route to the indoor unit from the outdoor unit and conveys it
into the room, and R32 refrigerant was applied to it, and it realized the same workability as VRF
without additional safety measures.
In this report, we describe the outline of a water-based multi air conditioning system for a building
(hereinafter referred to as R32-Hybrid VRF) to which R32 refrigerant is applied, product
characteristics and applied technology, the efficiency of air conditioning system, the reduction effect
of refrigerant mass and the greenhouse gas emissions converted to CO 2.

2. OUTLINE OF R32-HYBRID VRF
2.1.

Characteristics of R32 Refrigerant

Table 1 shows basic characteristics of R32 refrigerant. It shows GWP, flammability, normal boiling
point, theoretical COP and pressure drop of R410A refrigerant and R32 refrigerant, and theoretical
COP and pressure drop are indicated by R410A refrigerant ratio. R32 refrigerant, whose GWP is
about 1/3 of the R410A refrigerant, has a theoretical COP of 102 percent and a pressure drop of 64
percent. Performance of air conditioners using R32 refrigerant improves by improving theoretical
COP and reducing pressure drop. However, in order to apply R32 refrigerant, which can be
flammable, to an air conditioner in which indoor units are individually controlled, it is necessary to
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reduce the risk through additional safety measures such as mechanical ventilation and shutoff valves
when installing in a small room.
-

Table 1. R32 refrigerant characteristics

R410A

R32

GWP (kg(CO2)/kg)
2088
675
※2
Flammability (-)
A1
A2L
Boiling point (℃)
-51.4
-51.7
※3
Theoretical COP ratio (percent)
100
102
※3,4
Pressure drop ratio
(percent)
100
64
※1 IPCC 4th Assessment Report, ※2 ASHRAE34
※3 Condensing temperature 50℃, Evaporating temperature 5℃,
Subcooling 10K, Superheating 3K, ※4 Suction side
※1

2.2.

Outline of Hybrid VRF

The systems of VRF and Hybrid VRF are shown in Figs. 1 and 2. Hybrid VRF is composed of an
outdoor unit, a Branch Controller and a plurality of indoor units as well as a VRF having heat recovery
functions. A pair of pipes connect the outdoor unit and the Branch Controller, and the Branch
Controller and the indoor unit. While VRF carries heat between the outdoor unit and the indoor unit
with refrigerant, Hybrid VRF carries heat between the outdoor unit and the Hydro Branch Controller
with refrigerant, and carries heat between the Hydro Branch Controller and the indoor units with
water. Therefore, Hybrid VRF can eliminate the use of refrigerant from the Hydro Branch Controller
to the indoor unit. In addition, by installing the Hydro Branch Controller above the ceiling in the upper
part of the room, it is possible to prevent direct refrigerant leakage indoors, especially in small rooms,
and even if applying R32 refrigerant with lower flammability, no additional safety measures are
required.
Fig. 3 shows the Hydro Branch Controller, which is a key part of the Hybrid VRF. The Hydro Branch
Controller consists of two plate heat exchangers, valve blocks and two pumps. The plate heat
exchanger exchanges heat between refrigerant supplied from the outdoor unit and water flowing
from the indoor unit. The valve block switches the flow path of water circulating between the Hydro
Branch Controller and the indoor unit. The pump circulates water between the Hydro Branch
Controller and the indoor unit.
Water flowing out of the pump exchanges heat in the plate heat exchanger and is cooled or heated.
The cold/hot water flowing out of the plate heat exchanger is distributed to each indoor unit by the
valve blocks, and exchanges heat with air in the indoor unit. Water flowing from the indoor unit
circulates by being distributed to the two pumps by the valve blocks.

Hydro
Branch Controller

Indoor
Unit

Indoor
Unit

Figure 1: VRF

Figure 2: Hybrid VRF
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Figure 3: Hydro Branch Controller

3. PRODUCT FEATURES AND APPLIED TECHNOLOGY
3.1.

Environmentally-Conscious System

The R32-Hybrid VRF is an environment combining the advantages of R32 refrigerant where GWP
is about 1/3 of R410A refrigerant and those of the Hybrid VRF that can reduce the refrigerant mass
by transferring heat from the Hydro Branch Controller to the indoor unit with water, and it is the
world’s first system to apply R32 refrigerant for water-based multi air conditioning system with 2-pipe
heat recovery functions, with individually controlled indoor units.
Fig. 4 shows the greenhouse gas emissions converted to CO2. Details of calculation conditions,
refrigerant mass and greenhouse gas emissions will be explained in the section 4 “REDUCTION IN
REFRIGERANT MASS AND GREENHOUSE GAS EMISSIONS”. In the case shown in Fig. 4, the
R32-Hybrid VRF can reduce greenhouse gas emissions by 84 percent : % from the R410A-VRF.

Figure 4: Greenhouse gas emissions converted to CO2

3.2.

2-pipe Heat Recovery System

In the R32-Hybrid VRF, simultaneous operation of cooling and heating can be performed by
connecting two refrigerant pipes from the outdoor unit to the Hydro Branch Controller, generating
cold water and hot water at the same time by a Hydro Branch Controller, and supplying it to the
indoor unit.
The refrigerant and water circuit in each operation mode is shown in Fig. 5. There are three operation
modes of the R32-Hybrid VRF: heating operation, cooling operation and simultaneous cooling and
heating operation.
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3.2.1. Heating operation
In order to generate the hot water necessary for heating the interior, the two plate heat exchangers
act as condensers. The water circulating in the heating indoor unit exchanges heat with high
temperature and high pressure gas refrigerant in a plate heat exchanger, is heated to become hot
water, and is supplied to the indoor unit. In this operation, the outdoor heat exchanger acts as an
evaporator to absorb heat from the outdoor air.
3.2.2. Cooling operation
In order to produce the cold water necessary for cooling the interior, the two plate heat exchangers
act as evaporators. The water circulating in the indoor unit to be cooled exchanges heat with a low
temperature and low pressure two phase refrigerant in a plate heat exchanger, is cooled to become
cold water, and is supplied to the indoor unit. In this operation, the outdoor heat exchanger acts as
a condenser to radiate heat to the outdoor air.
3.2.3. Simultaneous cooling and heating
In order to generate hot and cold water necessary for cooling and heating the interior, the two plate
heat exchangers act as condensers and evaporators, respectively. The water circulating in the
heating indoor unit exchanges heat with high temperature and high pressure gas refrigerant in a
plate heat exchanger acting as a condenser, is heated to become hot water and is supplied to the
indoor unit. The refrigerant condensed and liquefied in the condenser passes through the expansion
valve, becomes a low temperature and low pressure two-phase refrigerant, and then flows into the
plate heat exchanger functioning as an evaporator. The water circulating in the indoor unit to be
cooled exchanges heat with a low-temperature and low pressure two phase refrigerant in a plate
heat exchanger and is cooled to cold water and supplied to the indoor unit. In this operation, the
outdoor heat exchanger acts as a condenser or an evaporator according to the indoor heating and
cooling load conditions. When the indoor cooling load is larger than the heating load, the outdoor
heat exchanger acts as a condenser to radiate a part of the heat absorbed by cooling to the outdoor
air. When the indoor heating load is larger than the cooling load, the outdoor heat exchanger acts
as an evaporator to absorb a part of the heat radiated by heating from the outdoor air.

(a) Heating operation

(b) Cooling operation
Figure 5: Refrigerant and water circuit diagram in different operation modes
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(c) Heating and Cooling operation
Figure 5: Refrigerant and water circuit diagram in different operation modes

3.3.

Provincial Design and Construction

A comparison with a 4-pipe system is shown in Fig. 6. Since the R32-Hybrid VRF is a package
system including valves, pumps, and heat exchangers in a Hydro Branch Controller, its components
are fewer in number than those of the 4-pipe chiller system, so it can simplify system design.
A comparison with a 3-pipe system is shown in Fig. 7. Since the R32-Hybrid VRF is a 2-pipe system,
the number of piping connections is fewer than for a 3-pipe VRF system, and piping construction can
be reduced.

(a) 4-pipe chiller system
(b) R32-Hybrid VRF (2-pipe heat recovery system)
Figure 6: Comparison against the 4-pipe system

(a) 3-pipe system
(b) R32-Hybrid VRF
Figure 7: Comparison against the 3-pipe system
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3.4.

Prevent Leakage of Refrigerant into the Room

The installation image of the R32-Hybrid VRF is shown in Fig. 8. The R32-Hybrid VRF transfers heat
from the Hydro Branch Controller to the indoor unit with water to restrict the area through which the
refrigerant flows, so that it is possible to prevent direct refrigerant leakage to the room, especially to
the small room.

Figure 8: Installation image of R32-Hybrid VRF

4. EFFICIENCY OF AIR CONDITIONING SYSTEM
Table 2 shows the system conditions for the efficiency of air conditioning system. It is assumed to
be applied to a hotel with 20 rooms of the same size. For the outdoor unit, the indoor unit, and the
Branch Controller, the air conditioning capacity of 33.5 kW × 1 unit, 2.2 kW × 20 units and 16 branch
+ 4 branch devices were selected. The refrigerant pipe lengths of VRF and Hybrid VRF were 264 m
and 40 m respectively. The refrigerant piping length from the outdoor unit of the VRF and the Hybrid
VRF to the Branch Controller was 40 m in each. Table 3 shows the calculation conditions for the
efficiency of air conditioning system.
Comparison of COP of air conditioning system is shown in Fig. 9, Table 4. The COP is indicated by
R410A-VRF ratio. The COP is calculated by dividing the heating and cooling capacity by the air
conditioning system input. The COP of heating of the R410A-VRF, the R410A-Hybrid VRF and the
R32-Hybrid VRF are 100 percent, 91 percent and 94 percent, respectively. The COP of cooling of
the R410A-VRF, the R410A-Hybrid VRF and the R32-Hybrid VRF are 100 percent, 88 percent and
101 percent, respectively. The COP of average of heating and cooling of the R410A-VRF, the
R410A-Hybrid VRF and the R32-Hybrid VRF are 100 percent, 90 percent and 98 percent,
respectively. The COP of R410A-Hybrid VRF is dropped by 10 percent relative to R410A-VRF due
to the heat exchange loss between the refrigerant and water. The COP of R32-Hybrid VRF is
equivalent to the R410A-VRF by improving theoretical COP and reducing pressure loss.
Application image

Table 2. system condition

Outdoor unit
Indoor unit
Branch controller
Total refrigerant piping length
Piping length Outdoor unit
– Branch controller
High
Main pipe size
Low

Hotel(20 rooms/same size)
33.5 kW(Cooling Capacity)×1
2.2 kW(Cooling Capacity)×20

16 ports + 4 ports sub(VRF/Hybrid VRF)
264 meters (VRF),40 meters (Hybrid VRF)
40 meters(VRF/Hybrid VRF)
19.05 millimeters (R410A),15.88 millimeters (R32)
22.2 millimeters
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Table 3. Calculation condition

Air temperature of outdoor
(dry bulb/wet bulb) (℃)
Air temperature of indoor
(dry bulb/wet bulb) (℃)
Capacity (kW)

Input (kW)
Air flow of outdoor (m 3/min)

Cooling

7.0/6.0

35.0/27.0

20.0/15.0

27.0/19.0

37.5
33.5
(Outdoor + Branch controller + Indoor)
185
185
8.5 (VRF)
8.5 (VRF)
10.5 (Hybrid VRF) 10.5 (Hybrid VRF)

Average

Heating

Cooling

Air flow of indoor (m 3/min)

Heating

Figure 9: Comparison of efficiency of air conditioning system
Table 4. Comparison of efficiency of air conditioning system

VRF
R410A

Hybrid VRF
R410A

Hybrid VRF
R32

Heating

100

91

94

Cooling

100

88

101

Average

100

90

98

Efficiency ratio
(%)

5. REDUCTION IN REFRIGERANT MASS AND GREENHOUSE GAS EMISSIONS
The system conditions are the same as Table 2. Comparison of refrigerant mass is shown in Fig.
10, Table 5. The refrigerant mass of the R410A-VRF, the R410A-Hybrid VRF and the R32-Hybrid
VRF are 24.4 kg, 13.8 kg and 11.6 kg, respectively. The R32-Hybrid VRF can reduce refrigerant
mass by 52 percent compared to the R410A-VRF. A breakdown of the refrigerant mass reduction
effect of the R32-Hybrid VRF is 43 percent by the Hybrid VRF conversion, 9 percent by R32
refrigerant conversion and downsize of refrigerant piping from the outdoor unit to the Branch
Controller.
Table 6 compares the greenhouse gas emissions converted to CO2. The greenhouse gas emissions
of the R410A-VRF, the R410A-Hybrid VRF and the R32-Hybrid VRF are 50.94 t, 28.81 t, and 7.83
t, which are multiplied by the refrigerant mass of R410A refrigerant and R32 refrigerant by GWP.
The R32-Hybrid VRF can reduce greenhouse gas emissions by 84 percent for the R410A-VRF.
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Figure 10: Comparison of refrigerant mass
Table 5. Comparison of refrigerant mass

-

VRF
R410A

Hybrid VRF
R410A

Hybrid VRF
R32

Total refrigerant piping length (meters)

264

40

40

High

19.05

19.05

15.88

Low

22.2
24.4

22.2
13.8

22.2
11.6

Main pipe size
(millimeters)
Refrigerant mass (kg)

Table 6. Comparison of greenhouse gas emissions converted to CO2

-

VRF
R410A

Hybrid VRF
R410A

Hybrid VRF
R32

Refrigerant mass (kg)
GWP (kg(CO2)/kg)

24.4
2088

13.8
2088

11.6
675

CO2 equivalent (t)

50.94

28.81

7.83

6. CONCLUSIONS
The world’s first water-based multi air conditioning system with 2-pipe heat recovery function “Hybrid
VRF” was developed. This system converts the medium from refrigerant to water in the middle of
the route from the outdoor unit to the indoor unit and conveys it into the room, and it applies R32
refrigerant and realizes the same workability as VRF without additional safety measures. Product
features and application technologies of the R32-Hybrid VRF, the reduction effect of the refrigerant
mass and the greenhouse gas emissions were described.
(1) The R32-Hybrid VRF is an environmentally conscious system that realizes GWP reduction by
applying R32 refrigerant and reducing the refrigerant mass by using water. It is the world’s first waterbased multi air conditioning system with 2-pipe heat recovery function which applied R32 refrigerant.
(2) The R32-Hybrid VRF can produce simultaneous cooling and heating operation by simultaneously
producing cold/hot water and supplying it to indoor units.
(3) Since the Hybrid VRF has a 2-pipe packaging system, it can simplify design and reduce materials
and equipment, compared with a 4-pipe chiller system or a 3-pipe VRF system.
(4) The R32-Hybrid VRF can prevent direct refrigerant leakage into the room by limiting the area
where the refrigerant flows.
(5) In the case assumed this time, the COP of R32-Hybrid VRF is equivalent to the R410A-VRF by
improving theoretical COP and reducing pressure loss.
(6) In the case assumed this time, the R32-Hybrid VRF was able to reduce greenhouse gas
emissions converted to CO2 to 84 percent that of the R410A-VRF.
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ABSTRACT
A dual-function absorption heat pump cycle is developed for graywater purification and space
conditioning. This cycle extracts vapor directly from an impure feed in the evaporator and collects
condensate in the condenser while running membrane distillation in parallel with the desorber to
allow additional water production. Thermodynamic modeling of this cycle is conducted by solving
mass, species, and energy balances for each of the cycle components. Lithium bromide is used as
the absorbent. Baseline performance of the cycle is determined at a set of operating conditions
associated with a single-family home in the U.S. Parametric studies are conducted to determine
water flows and performance over a range of water loads. The energy ratio of the cycle, which
measures the total useful output as a function of power input, peaks above 1.5 for cooling mode and
1.6 for heating mode.
Keywords: Absorption, Heat Pump, Waste Recovery, Water Purification.

1. INTRODUCTION
With increasing concerns about sustainability, efforts are being made to extract more utility from
available resources. Although initial development of space heating, space cooling, power generation,
fuel production, and water purification techniques proceeded along separate paths and resulted in
separate facilities, in recent years, engineers have sought to combine these disparate functions into
cogeneration or polygeneration facilities that demonstrate enhancements in performance (Murugan
and Horák, 2016; Wu and Wang, 2006). Similar strategies have been considered in the water
purification space, where adsorption desalination (Ng et al., 2012; Youssef et al., 2015),
humidification-dehumidification desalination (Nada et al., 2015), and absorption desalination (Wang
and Lior, 2011) have been combined with cooling.
Indoor residential water use in the United States is on average 522 liters per household per day
(DeOreo et al., 2016), of which 60% is discharged as graywater. A graywater purification method
with a 90% recovery rate, therefore, could reduce indoor water use by approximately 54%, resulting
in a water savings of over 60 million cubic meters per day nationwide. To achieve this, modifications
are made to a single-effect absorption heat pump, allowing the system to perform water purification
in addition to heating and cooling. Two methods of water purification are considered – one that takes
advantage of the inherent operating strategy of the absorption heat pump, and one that provides
additional capacity when needed. The heat pump is modeled thermodynamically, and performance
is calculated using appropriate figures of merit.

2. CYCLE DEVELOPMENT
A single-effect absorption heat pump with a non-volatile absorbent consists of four primary heat
exchangers (desorber, condenser, evaporator, and absorber), a pump, two expansion valves, and a
recuperative solution heat exchanger (SHX), and operates in the following manner. The cycle begins
with dilute solution flowing into the desorber, where heat is added from a low-grade heat source to
evolve refrigerant from the solution. The refrigerant then condenses in the condenser, where it
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rejects heat, and flows through an expansion valve to the evaporator, where it receives heat at low
temperature to provide cooling. The resulting vapor flows into the absorber, where it is absorbed into
the concentrated solution returning from the desorber. The dilute solution is then pumped from the
absorber through the SHX back to the desorber to begin the cycle anew.
Cooling can be achieved in an absorption heat pump by coupling the evaporator to the conditioned
space. In this case, heat from the absorber and condenser must be rejected. Heating can be
achieved by coupling the absorber and/or condenser to the conditioned space. In heating mode,
additional heat must be provided to the evaporator.
2.1.

Modifications to Allow Water Purification

An absorption heat pump using water as the refrigerant, such as one using the water-LiBr working
pair, is an excellent candidate as a water purifier, as between the inlet of the evaporator and the
outlet of the condenser, the water undergoes two distillation processes – one in the evaporator and
one in the desorber. The challenge, then, is to ensure that if pure water is extracted in the condenser,
it is replenished prior to entering the evaporator so that the required cooling capacity can be satisfied.
This can be achieved by introducing graywater into the evaporator to satisfy the required refrigerant
flow rate in either cooling or heating mode.
For cases when the water load exceeds that at which all of the refrigerant would be extracted in the
condenser, a secondary method of water purification must be incorporated in the cycle. As the cycle
must operate at subatmospheric pressure, using a membrane to allow the graywater to be purified
to remain at positive pressure is beneficial. There are two membrane-based methods of water
purification that could be incorporated: forward osmosis and membrane distillation. For this work,
membrane distillation is selected because there is no direct contact between the fluids on the two
sides of the membrane; this eliminates concerns about the potential for the absorbent to diffuse
through the membrane if the absorbent solution is used as the draw solution for forward osmosis.
Figure 1 shows the open-loop heat pump cycle in cooling mode (Figure 1a) and heating mode (Figure
1b) with MD incorporated. Note that the graywater used to cool the absorber and condenser is used
to drive the evaporator during heating mode. Membrane distillation (MD) is incorporated into the
desorber as vapor-gap MD, with the vapor generated proceeding directly to the condenser.
One of the advantages of adding graywater purification to an absorption heat pump is the inherent
presence of a liquid heat transfer medium for heat rejection from the absorber and condenser. This
allows the construction of more compact heat and mass exchangers, which results in a smaller
system footprint. The heat received by the graywater as it travels through the cycle is rejected to the
ground through a ground-coupled heat exchanger.

Figure 1: Schematic of an absorption heat pump and water purification cycle with MD for additional
purification in a) cooling mode and b) heating mode
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2.2.

Thermodynamic Modeling

The figure of merit used to describe cycle performance is the energy ratio, which gives the ratio of
useful cycle output to cycle power input and is the combination of two other figures of merit: the
coefficient of performance (COP) and the standard gained output ratio (SGOR):

ER = COP + SGOR

Eq. (1)

The COP is the ratio of the thermal load to the cycle power input. Because the thermal load differs
in cooling mode and heating mode, a different COP must be defined for each mode:

COPc =

Q! e
Q! in + W! pump

Eq. (2)

COPh =

−Q! cs
Q! in + W! pump

Eq. (3)

The negative sign on the heat transfer to the conditioned space is because heat transfer is defined
as positive when entering the cycle. In cycles that use water as the refrigerant, pump work may be
neglected as it is typically four orders of magnitude smaller than the heat transfer.
The gained output ratio is used in the desalination literature and is the ratio of the mass of water
produced to the mass of steam used to provide heat for the purification process (Ghalavand et al.,
2015). Because the heat of vaporization of water is a function of temperature, a temperature of 100°C
is assumed for the steam. This can be used to convert the cycle energy input into an equivalent
mass of steam and yield a dimensionless SGOR:

SGOR =

m! w × 2257 kJ kg −1
Q! in + W! pump

Eq. (4)

The quantities necessary to compute the figures of merit for the cycle are determined by performing
mass, species, and energy balances on the cycle components. The operating conditions for the cycle
are fixed by specifying the outlet temperatures of the desorber, absorber, condenser, and
evaporator, the ground temperature, the SHX effectiveness, the pump efficiency, the thermal load
and daily water production, and the closest approach temperature differences in the absorber,
condenser, and ground heat exchanger. These values are shown in Table 1. The graywater is
modeled as a NaCl solution with an initial concentration of 1 wt%. The steady-state concentration
depends on the recovery. It should be noted that this is an extremely conservative estimate. (The
approximate concentration of NaCl that gives the same osmotic pressure as the synthetic graywater
formulation proposed by Hourlier et al. (2010) is 0.045 wt%.)
The following assumptions are used to conduct the cycle analysis:
1. Dilute solution leaving the absorber, concentrated solution leaving the desorber, liquid
refrigerant leaving the condenser, and refrigerant vapor leaving the evaporator are in
saturated states at their component outlet temperatures. In addition, the vapor leaving
the desorber is at the desorber solution outlet (instead of inlet) temperature, which is a
conservative estimate.
2. There is no pressure drop between components.
3. The fluid flowing through the condenser and evaporator is pure water.
4. The throttling valves operate isenthalpically.
5. Fluid flowing through the pumps is incompressible.
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Table 1. Cycle baseline operating parameters

Parameter
Absorber Temperature (Ta)
Desorber Temperature (Td)
Condenser Temperature (Tc)
Evaporator Temperature (Te)
Ground Temperature (Tground)
HTF Return Temperature (THTF,in)
Closest Approach Temperature (CAT)
Pump Efficiency (ηp)
SHX Effectiveness (
)

Value
35°C
100°C
50°C
5°C
11°C
28°C
2°C
0.85
0.85

Cooling Load
Heating Load
Water Loads (DWP)
Recovery (R)

10.5 kW
15 kW
340 kg day-1, 600 kg day-1
0.9

The mass balance on the evaporator is:

m! r = m! e,in + m! r , loop

Eq. (5)

! e , in is the net mass flow rate of graywater into the evaporator and m! r , loop is the mass flow
where m
rate of water from the condenser to the evaporator.
The absorber mass balance is:

m! dil = m! conc + m! r

Eq. (6)

! dil is the mass flow rate of dilute solution and m! conc is the mass flow rate of concentrated
where m
solution.
The desorber mass balance is:

m! conc + ( m! r + m! MD, d ) = m! dil + m! MD, d

Eq. (7)

! MD , d is the mass flow rate of water into the desorber via membrane distillation. It should be
where m
noted that the MD flow rate terms on both sides of the equation will cancel, but both are included
here to show that water enters the desorber via MD and then exits with the refrigerant stream to flow
into the condenser.
The evaporator mass balance is:
Eq. (8)
m! r ,c + m! gray ,e ,in = m! v + m! gray ,e ,out

! v is the mass
where the first term is the water flowing from the condenser to the evaporator and m
flow rate of vapor flowing from the evaporator to the absorber.
The species balance on the absorber or the desorber is:
Eq. (9)
m! conc wconc = m! dil wdil
where w is the mass fraction of absorbent in the stream in question.
The species balance on the evaporator is:

m! gray ,e,in wgray ,e,in = m! gray ,e,out wgray ,e,out

Eq. (10)

Energy balances are calculated on two loops to determine the figures of merit. The first is the solution
and refrigerant in the heat pump portion of the cycle. For this loop, the energy balance on the
condenser is:
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Q! c = ( m! r + m! MD, d ) ( h2 − h1 )

Eq. (11)

where hi is the specific enthalpy of the solution or refrigerant at state i, as shown in Figure 1.
The energy balance on the evaporator is:
Eq. (12)
! r h4 − m
! r ,loop h3 − m
! e,in h11
Q! e = m
The energy balance on the absorber is”

Q! a = m! dil h5 − m! conc h10 − m! r h4

Eq. (13)

The energy balance on the desorber is

Q! d = m! conc h8 + ( m! r + m! MD, d ) h1 − m! dil h7

Eq. (14)

The heat transferred in the SHX is determined using the definition of the effectiveness:

Q! SHX = ε Q! SHX , max

Eq. (15)

where:

{

}

Q! SHX , max = min m! dil ( h7, max − h6 ) , m! conc ( h8 − h9, min )

Eq. (16)

and

h7, max = h (T8 , wdil )
h9, min = h (T6 , wconc )

Eq. (17)

The remaining state points are then determined by applying two energy balances on the SHX:

! dil ( h7 − h6 )
Q! SHX = m

Eq. (18)

! conc ( h8 − h9 )
Q! SHX = m

Eq. (19)

The second loop that is used to calculate the thermodynamic performance of the cycle is the
graywater loop, which consists of graywater entering as the coupling fluid at state 11 and receiving
heat from the absorption heat pump in the absorber and condenser. In the heating mode, the
graywater additionally passes through the conditioned space heat exchanger to deliver energy to
the conditioned space and through the evaporator to prevent freezing. The energy balance on the
absorber for the graywater is:

! g ( h12 − h11 )
−Q! a = m

Eq. (20)

The energy balance on the condenser for the graywater is:

! g ( h13 − h12 )
−Q! c = m

Eq. (21)

In cooling mode, following the condenser, the graywater flows through the ground heat exchanger
before returning to state 11. In heating mode, the graywater also flows through the conditioned space
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heat exchanger and the evaporator. The energy balance on the conditioned space heat exchanger
is:

Q! cs = m! g ( h14 − h13 )

Eq. (22)

The energy balance on the graywater side of the evaporator is:

−Q!e = ( m! g − m! MD, d ) ( h15 − h14 )

Eq. (23)

The reduction in flow rate from the nominal graywater flow rate is because graywater extracted from
the condenser at state 14 is heated to state 16 to replenish the water entering the system via MD.
The amount of water recovered from the graywater can be expressed using the recovery, which is
the amount of pure water produced per unit mass of feed. The initial concentration of dissolved solids
in the graywater and the recovery are used to determine the concentration of dissolved solids in the
graywater in the cycle.
Properties of the NaCl solution are calculated using the work of Clarke and Glew (1985). The
properties of the remaining substances are calculated using the Engineering Equation Solver (EES)
platform (Klein, 2017). The system of equations comprising the model and the thermodynamic
properties of the working fluids are solved simultaneously using EES.

3.

RESULTS AND DISCUSSION

Variation in water flows through the cycle is studied as a function of the daily water production rate.
The mass flow rates of looped refrigerant, graywater input to the evaporator, and MD input are shown
in Fig. 2 for cooling mode and Fig. 3 for heating mode. From these figures, two modes of operation
can be defined – a low water mode, in which some of the refrigerant is looped from the condenser
to the evaporator, and a high water mode, in which additional pure water is generated via MD. The
balanced water point is the point at which all of the graywater supplied to the cycle to satisfy the
thermal load is extracted to satisfy the water load.
The flow rate trends in heating mode differ from those in cooling mode. In heating mode, once the
cycle begins operating in the high water mode, the graywater input to the evaporator begins to
decrease rather than remaining constant. This is because the water added via MD rejects heat as it
condenses, which provides additional heat to the conditioned space.
The performance of the cycle in cooling and heating modes is shown in Fig. 4 as a function of the
water production. For both modes of operation, the ER peaks at the balanced water operating point
and decreases as the load ratio is increased or decreased from this point. In the low water mode,
the energy input is constant, while the useful output increases as the load ratio increases. In the high
water mode, both the energy input and useful output increase, but the energy required to heat the

Figure 2: Water flow rates as a function of cycle water
load for cooling mode

Figure 3: Water flow rates as a function of cycle water
load for heating mode
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graywater to the MD temperature
increases more quickly than the increase
in water production, which results in a
decrease in ER.
In an ideal heat pump, the heating COP at
corresponding conditions could be as high
as (cooling COP + 1.) This does not occur
for the proposed cycle for two reasons.
The first is the limit imposed on the
temperature of the conditioned-space heat
exchanger, which prevents all of the heat
added to the graywater in the absorber and
condenser from being transferred to the
conditioned space. The second is heat
transfer to the ground. In the basic
configuration, the temperature of the
Figure 4: Energy ratio as a function of water load in cooling
graywater leaving the evaporator is higher
and heating mode
than the temperature of the graywater
leaving
the
ground-coupled
heat
exchanger. Rejecting this heat to the ground requires that it be added again in the absorber.
Therefore, a reconfiguration of the cycle with a bypass is proposed. The performance of this cycle is
shown as a green line in 4. Some fraction of the graywater bypasses the ground heat exchanger,
allowing retention of some of the energy in the stream and increasing performance of the cycle. This
also pushes the peak to a higher daily water production, as performance does not begin to decrease
until the full graywater flow cannot bypass the ground heat exchanger.

4. CONCLUSIONS
A reconfiguration of an absorption heat pump to enable graywater purification for direct potable reuse
as a secondary function is developed. The reconfiguration changes a water-based absorption heat
pump from a closed-loop cycle to an open-loop cycle and adds a membrane distillation module. A
thermodynamic model of the modified absorption heat pump is developed and used to simulate its
performance over a range of load ratios, which reveals the presence of low water and high water
operating modes. The ER of the cycle peaks at the balanced water operating mode, exceeding 1.5
for cooling mode and 1.6 for heating mode in the base configuration. Reconfiguring the cycle in
heating mode so that the graywater bypasses the ground heat exchanger results in an increase in
performance for all load ratios at the baseline ground temperature.

NOMENCLATURE
COP
DWP

h
!
m
Q!

coefficient of performance
daily water production (kg day-1)
specific enthalpy (kJ kg-1)
mass flow rate (kg s-1)
heat transfer rate (kW)

SGOR

T
w
ε
ηp

standard gained output ratio
temperature (°C)
weight fraction
effectiveness
pump efficiency

Subscripts

a
c
conc
cs
d
dil
HTF, in
e

absorber
condenser
concentrated solution
conditioned space
desorber
dilute solution
conditioned space HX return
evaporator

e, in
g
max
MD,d
min
SHX
r
r, loop

graywater flow into evaporator
graywater
maximum
from membrane distillation
minimum
solution heat exchanger
refrigerant
looped refrigerant
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ABSTRACT
This work presents the thermodynamic analysis of a direct-expansion solar-assisted heat pump to
provide domestic hot water. An aluminum bare collector/evaporator and a compressor that uses
refrigerant R600a as working fluid compose the system. Boiling and condensation temperatures are
-8 and 54.4 °C, respectively. The system test is conducted under different weather conditions (i.e.
rainy, cloudy and clear day), obtaining a variation of the coefficient of performance between 4.07
and 6.72 for an average solar radiation in the range of 451.6 and 721.5 W·m -2. The water final
temperature attains a value between 47.7 and 58.6 °C. The system works with solar energy, both
thermal and photovoltaic, to replace conventional energy sources conducing to decrease the carbon
reduction factor (CFC) in 89.5 % being lower than the 1977.2 kg of annual CO2 emissions produced
by an electric shower.
Keywords: Heat Pump, Solar Energy, Direct Expansion.

1. INTRODUCTION
The economic and social development have conducted to an increase in energy demand, mainly
supported by burning of fossil fuels. According to Weldekidan, Strezov and Town (2018), fossil fuels
reserves will deplete in seventy years. A 45 % of domestic hot water is obtained burning fossil fuels
and a 24 % using electric energy having only a 13 % heated by thermal solar energy (Moore, Urmee,
Rezvani and Baverstock, 2017). Domestic energy consumes about 26.8 % of the total energy
demand where water-heating systems are the main energy consumption application. This
consumption represents a 19 % of worldwide greenhouse gas emissions caused by using fossil fuels
(Casanovas-Rubio and Armengou, 2018). By implementing a solar-assisted system, it will help to
reduce emissions associated with burning fuels, preserving the environment and improving the
operational and installation costs. An alternative manner to get hot domestic water is by
implementing a direct-expansion solar-assisted heat pump (DX-SAHP). This type of system works
within a vapor-compression refrigeration cycle, where the evaporator also works as a solar collector.
A review carried out by Poppi, Sommerfeldt, Bales, Madani and Lundqvist (2018) shows several
theoretical and experimental studies of DX-SAHP systems, the most of them emphasize about of a
performance analysis. A DX-SAHP is a viable option to replace conventional water heaters, due to
its higher performance against conventional gas or electric water heaters and by the reducing in 30
% the electric consumption and decreasing of operating costs from 13 to 25 %.
DX-SAHP improves can be attained by implementation of renewable source. Kong, Sun, Dong, Jiang
and Li (2018), studied the performance of a DX-SAHP system using R-134a as working fluid. That
system presented important advantages, like a superior thermodynamic performance related with a
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higher coefficient of performance (COP), a lower system cost and a long-life time. The heating water
reached a final temperature between 50 to 60.3 °C depending of the weather conditions, while the
COP reduces its value in a 20.8 %.
Mohanraj, Belyayev, Jayaraj and Kaltayev (2018), show a refrigeration compression process using
only by using absorbed heat from the solar radiation. Despite this type of heat pumps has high
efficiencies, local weather conditions affect its performance, including ambient temperature and wind
speed. A thermodynamic analysis of this system allows establishing that the generated energy is
2.09 kW with an average COP of 2.57.
Omojaro and Breitkopf (2013), shown that DX-SAHP systems are 75 % used for water heating,
19 % for space heating and the remaining on cooling. They found similar studies about designing
and optimization of applications, aiming to reduce the overall cost system and improving collector’s
efficiency. The authors concluded that the solar collector is the main component, pre-heating the
refrigerant before it passes through the compression process. Finally, they prove that the coefficient
of performance decreases while water’s temperature increase.
Cerit and Erbay (2013), studied experimentally the effect of roll-bond evaporator´s design on the
performance of a heat pump. They concluded that as the number of passes increase the system’s
performance improves: e.g., 8 passes implies a COP value of 3.30, compared with 3.14 and 2.42 for
4 and 2 passes, respectively.
Sun, Wu, Dai and Wang (2014), showed that other factors beyond the climatological ones influence
the collector/evaporator performance. Their experimental study demonstrated an improvement on
the roll-bond collector performance by optimizing the geometry of the flow channel pattern. The
whole system performance was increased by improving the heat conduction imposing a uniform
temperature through the roll-bond collector surface and a reducing the approaching temperature to
the saturation point.
Tagliafico, Scarpa and Valsuani (2014), conducted an experimental performance analysis of a
DX-SAHP to confirm the efficiency of these systems in cloudy and rainy weather conditions. They
showed that solar-assisted heat pumps could save around of 50 % in primary energy.
Based on the foregoing, the main objective of this study is to perform an experimental analysis of a
DX-SAHP prototype by using R600a as a working fluid under very diverse weather conditions such
as clear, cloudy and rainy to determine the best weather conditions to reach the highest
performance. Fig. 1 shows the order of the process, where each step describes the activities to do.
Experimental tests were done at an altitude of 2850 meters above sea level (0°15'32.1552''S,
78°33'12.87''W) in Quito, a city closest to the equator. A DX-SAHP is a high performance system to
get hot domestic water using electric energy provided from photovoltaic system, additionally and an
environmentally friendly refrigerant was used. This is an ideal application due to water does not
surpass a temperature of 70 °C, a reachable goal using only solar energy.
This paper has the following structure. Section 2 presents the description of the DX-SAHP system
developed. Section 3 details the theoretical model applied to perform the energy balances of each
component. Section 4 discusses the obtained experimental results considering the different weather
and system performance. Section 5 details conclusions and recommendations regarding the results
obtained.

2. SYSTEM DESCRIPTION
A DX-SAHP works within a vapor-compression refrigeration cycle, gaining heat from hot
surroundings to warm water, contained in a storage tank. A bare flat-plate solar collector/evaporator
composes the system and boils the refrigerant with the solar radiation. The installed compressor has
a power of 86 W and use R600a as working fluid and PV panels power it. Other used component is
the condenser, built with a copper pipe submerged in an acrylic storage tank where the heat transfer
takes places to condense the refrigerant to start the cycle again. Finally, a thermostatic expansion
valve reduces the refrigerant temperature and pressure before it enters into the evaporator. Table 1
summarizes the information of the components of the system. The thermodynamic analysis was
done in an ideal refrigeration cycle, considering saturated and overheated vapor at the inlet and
outlet of the compressor, respectively, saturated liquid at the condenser outlet and a mixture entering
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to the evaporator. Fig. 2 shows the layout of each used component including the manometers and
thermocouples.

Figure 1: Flow diagram of the investigation process

Table 1. Description of each component of the system

Component

Description

Collector/evaporator

Bare aluminum flat-plate of 1.5 m 2

Compressor

Danfoss BD35K

Condenser

Copper pipe of 1/4 in for 10 liters of water

Expansion valve

Thermostatic type
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Figure 2: DX-SAHP components (P is a manometer and T is a thermocouple)

3. THEORETICAL MODEL
This investigation concerns a thermodynamic experimental analysis of DX-SAHP system. The data
collection process started with several tests to calibrate the system until it gives an appropriate
performance and then complete experimental tests to get the data, including pressure, temperature
and climatic conditions, like radiation and ambient temperature. Mathematical models for solar
radiation and thermodynamic balances in the refrigeration cycle allows processing and evaluating
the performance of the system. The analysis includes evaluate enthalpies evaluation as function of
the measured pressure and temperature values at inlet and outlet of each component.
3.1. Solar Angles
According to Stanciu C. and Stanciu D. (2014), the slope solar angle (δ) is function of the day of the
year (N):

 360



 = 23.45  sin 
 ( 284 + N )  .
 365


Eq. (1)

It is important to consider the latitude (Ø) of the closest location to the system position. For a bare
collector/evaporator, the equation reported by Hafez, Soliman and Ismail (2017) permits to obtain
the tilt angle (β):

 =  − .

Eq. (2)

The incidence angle (ϴ) of the solar beam for an oriented surface in any direction is follows
(Kalogirou, 2014):

cos = ( sin ·sin·cos

) − ( sin ·cos·sin ·cos ) + (cos ·cos·cos ·cos )...
.
... + ( cos ·sin·sin ·cos ·cos ) + ( cos ·sin ·sin ·sin )

Eq. (3)

For this investigation, the inclination of the surface must be verified, due to it may be with a slope to
the north or south, so ϒ = 180 and 0 °, respectively (Seme, Štumberger and Hadz, 2016). Therefore,
equation 3 can reduce:

cos = sin ·sin ( +  ) + cos ·cos ·cos ( +  ) .

Eq. (4)

cos = sin ·sin ( −  ) + cos cos ·cos ( −  ) .

Eq. (5)

The solar angle (ω) can be calculated from the number of minutes that exist between the local solar
noon and a specific hour as follows (Kalogirou, 2014):

 =  0.25(Number of minutes from local solar noon) .
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There is an angle between the solar beams and a horizontal surface called solar altitude angle (α).
This angle has a relation with the zenith angle (ψ) given by the equation reported by Jamil, Siddiqui
and Akhtar (2016):

sin = cos = sin·sin + cos·cos  ·cos  .

Eq. (7)

The solar azimuth angle depends of the solar angle, solar slope angle and solar altitude angle.
Therefore, it can be calculated as follows (Kalogirou, 2014):

cos   sin 
.
cos 

sin z =

Eq. (8)

The sunset angle (ωss) is given by the equation reported by Duffie and Beckman (2013):

cos ss = − tan  ·tan  .

Eq. (9)

The following subsections present the thermodynamic analysis for each component of the system.
3.2. Collector/Evaporator
The useful gained heat in the collector/evaporator in terms of change of the refrigerant enthalpy is
expressed by (Abdul Aziz, Mat and Sopian, 2013; Hawlader, Chou and Ullah, 2001; Kjellsen, 2016):
•

•

Q evap = m  hevap ,

Eq. (10)

where 𝑄̇evap is the heat rate of the refrigerant, h is the specific enthalpy at the evaporator inlet and
outlet respectively. The refrigerant mass flow rate (𝑚̇) is calculated by (Chen and Yu, 2017):
•

m=

N  V  Vd
.
v in

Eq. (11)

The volumetric efficiency (ηV) is 95 %, meanwhile the rotary speed for the compressor (N) is 3500
rpm, and its volumetric displacement (Vd) is 300 cm 3 and the specific volume at the compressor inlet
(vin) is calculated at a given pressure and temperature.
3.3. Compressor
The power for the compression (𝑊̇𝑖 ) using the refrigerant enthalpy change can be calculated with
the equation reported by Kara, Ulgen and Hepbasli (2008) and Wang et al. (2017):
•

•

W i = W comp comp .

Eq. (12)

The required power for the compressor (Ẇcomp) can be evaluated as mention Deng and Jianlin (2016)
and Xu, Deng, Zhang, Yang and Zhang (2009):
•

•

W comp = m

hcomp

comp

,

Eq. (13)

where, ηcomp, is the compressor performance indicated by the manufacturer.
3.4. Condenser
In any heat pump, the condenser capacity or the condensation heat rate (𝑄̇cond) is function of the
enthalpy change and it can be evaluated by (Chow, Bai, Fong and Lin 2012; Huang, Ji, Xu and Li,
2016):
•

•

•

•

Qcond = Qevap + W comp = m  hcond .
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3.5. Thermostatic expansion valve
The throttling process in the expansion valve is isenthalpic, meaning that the specific enthalpy at the
inlet and outlet are same as (Li, Wang, Wu and Xu, 2007; Youssef, El-Telbany and Zekry, 2017):

hval , in = hval , out .

Eq. (15)

3.6. Coefficient of performance
Malali, Chaturvedi and Abdel-Salam (2016) have demonstrated that a solar assisted heat pump can
achieve very high coefficient of performance (COP), from 2 to 6 and higher depending the location.
The COP is calculated by (Kong, Li, Lin and Yang, 2017):
•

COP =

Q cond
•

W comp

.

Eq. (16)

4. RESULTS AND DISCUSSION
This section shows the results for the tests performed to establish the system behavior under
different weather conditions. Each test lasted for 75 minutes, testing the DX-SAHP performance
under solar radiation and ambient temperature variations. It is important to mention that each test
was done at the same time of the day, starting at 11:00, since July until November 2018. A Fluke
Ti400 infrared camera was used to corroborate measured temperature by the installed
thermocouples where the estimated uncertainty has been provided for measurements about ± 2 %.
Fig. 3 shows the taken images from collector/evaporator and the condenser-storage tank.

(a)

(b)

Figure 3: Infrared images (a) collector/evaporator (b) condenser-storage tank

For each test, minimum, maximum and average data for the ambient temperature, radiation and
water final temperature were taken as it is shown in Table 2.
Table 2. Test daily information

Parameter

Test 1

Test 2

Test 3

Test 4

Climatic condition

Rainy

Cloudy

Clear

Clear

Ambient temperature (°C)

18.7

20

21

20.7

Min. radiation (W·m -2)

380.5

412.2

390.2

400.4

Max. radiation (W·m -2)

850.6

842.3

1100.2

950.9

Average radiation (W·m -2)

451.6

640.4

745.2

675.65

Water final temperature (°C)

47.7

56.5

58.6

57.4

Average wind speed (m·s-1)

0.9

1.0

1.4

1.6
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As is observed from the results above, the system, performance increases when it operates under
favorable conditions (clear days), however the tests during unfavorable days (cloudy and rainy days)
show that the system can increase the water temperature up to 40 °C.
Solar irradiation is in function of the local weather conditions, time of the year and site latitude. Test
4 was done under clear sky presenting a minimum and maximum ambient temperature of 20.3 and
21.3 °C, respectively and the average water temperature during this test was 43 °C. The weather
conditions increase the system performance. In Test 4, the maximum value of wind velocity was
2.8 m·s-1, with an average ambient temperature on 20.7 °C and solar irradiation of 675.65 W·m -2,
approximately. The wind speed fluctuation does not have a constant behavior; therefore, it is going
to influence on the gained heat in the collector/evaporator. Minimum and maximum values of wind
speed in a clear day are 0.4 and 2.8 m·s-1, respectively.
Fig. 4 presents the solar irradiation during the hours the tests were performed. The maximum solar
radiation value during clear conditions was of 1100.2 W·m -2. The heating time to increase the water
temperature around 50 °C was near 35 minutes for the clear conditions (Test 3) with an average
solar irradiation value of 745.2 W·m -2 and ambient temperature of 21 °C. However, during cloudy
conditions, the water barely increases its temperature to 40 °C for the same period time (35 minutes)
with an average solar irradiation of 745 W·m -2.

Figure 4: Total solar irradiation on characteristic days

The water gains the released heat at the condenser and increases its temperature during the test as
shown in Fig. 5a. The highest temperature is near 60 °C, and is obtained throughout Test 3 (clear
conditions). During cloudy conditions (Test 2), the maximum water temperature was 48 °C along the
test, despite the reduction in the solar irradiation the water raise its temperature in more than 20 °C
respect the initial condition.
Fig. 5b shows values for calculated COP with Eq. (16) through the all tests. On the Test 3, for an
average solar irradiation of 745.2 W·m -2, the average COP was 4.8; and for a value of 640.4 W·m-2,
COP was 6.1. In both cases, the water temperatures were 52 and 56 °C, respectively. These values
have relation with the ambient temperature during the tests that was 18 and 18.6 °C, respectively.
When the solar radiation or ambient temperature increased, the COP of the system increased and
the heating time reduced.
Due to this system works with solar energy, it depends on the available solar irradiation, reaching
the highest performance at noon (as can be seen in Fig. 4). Fig. 6a shows that the system
performance is higher when the solar irradiation has the high values. When received radiation on
the surface of the collector/evaporator was 380 W·m -2, the value of COP was 4.2. Meanwhile, a
radiation that reaches to 1100 W·m -2 improved the COP of the system by 62 %, allowing to the water
to reach 58.6 °C in 75 minutes, approximately. A similar situation occurs in Fig. 6b. The water may
reach a higher final temperature when solar radiation is high and this value depends of ambient
temperature. An obtained water temperature during Test 1 was 58 °C with 700 W ·m -2 and 20.5 °C,
as average values of solar radiation and ambient temperature, respectively, finally the obtained COP
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under these conditions was 6.4. Results of Figs. 4, 6a and 6b indicate that when the ambient
temperature and solar radiation increase, the COP of the system and water temperature increase,
besides the heating time decreased. The weather conditions modify the system performance.

Figure 5: Variation of (a) water temperature (b) COP

Figure 6: Solar radiation against (a) COP (b) water temperature

The highest gained heat by the collector/evaporator was 305.88 W (Test 2) with a velocity of
2.8 m·s-1, solar radiation of 900 W·m-2 and ambient temperature at this time was 20.5 °C. Comparing
the previous gained heat with the other conditions (Test 1), for an ambient temperature, solar
radiation and wind velocity of 19.4 °C, 750 W·m-2 and 0.8 m·s-1, respectively, the gained heat
decreased a 11 %, approximately. Fig. 7 shows the variation of gained heat in the evaporator
calculated with Eq. (10). It demonstrates the influence of parameters such as solar radiation and
ambient temperature in the gained heat by the collector/evaporator. Superheated refrigerant goes
out from the evaporator to enter in the compressor, increasing its temperature and pressure, and
then it enters in the condenser, which acts a heat exchanger where the refrigerant released the
gained heat into the storage tank to heat water. In the condenser, the minimum released values were
266 and 297 W at the end of Test 1 and 2, respectively. This value was obtained by applying Eq.
(14) and was affected by low radiation and ambient temperature, 380.5 W·m -2 and 18.7 °C,
respectively, for Test 1, meanwhile for Test 2, the lowest radiation was 412.2 W·m -2. The maximum
value of released heat in the condenser was 359.58 and 326.32 W at the beginning of Test 2 and 1,
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respectively. During these tests, there was an ambient temperature of 19 °C, however, in the course
of the test, it presents a solar irradiation of 1100 W·m -2. In addition, it is possible to affirm that solar
radiation influences on the system performance.

Figure 7: Gained heat by the collector/evaporator

The correct operation of the system depends on the compressor, which uses refrigerant as working
fluid. The compressor outlet pressure is in relation with the water heating time as Fig. 8 shows. In
the vapor-compression refrigeration cycle, low-pressure refrigerant enters to a solar
collector/evaporator and it boils completely by absorbing heat from incident solar energy and
surroundings. Exiting vapor from the solar collector/evaporator, in a moderately superheated
condition, enters in the compressor, where refrigerant pressure and temperature increase during the
compression process. The maximum pressure at the compressor outlet was 779.78 kPa on rainy
conditions (Test 1). When the compressor reaches 60 °C, it will stop for safety.

Figure 8: Pressure variation in the compressor

The power demand depends on the mass flow rate, whose variation in time is presented in Fig. 9.
This parameter was calculated by applying Eq. (11). The compressor consumption power per mass
unit increases greatly while the specific heating capacity increases slightly, resulting in the
considerable decline of COP from 6.2 to 4.2 during rainy conditions.
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Figure 9: Mass flow rate variation

Besides, COP value decreased from 6.5 to 4.4 for the clear conditions tests. While the system
requires more refrigerant mass flow rate due to the operation and climatic conditions, the compressor
will increase its energy consumption. The relationship between the compressor power consumption
against the mass flow rate required by the system is shown in Fig. 10. Results indicate that a
reducing heating time produces a decrease in the total energy consumption of the compressor.

Figure 10: Compressor power variation

5. CONCLUSIONS
A bare collector/evaporator used in a DX-SAHP was studied with a thermodynamic analysis to
determinate its performance under several weather conditions. The following conclusions were
obtained from this investigation:
Even though the performance is influenced by the weather condition and available solar radiation,
the system attains an optimum operating condition in any type of weather conditions; with clear sky,
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COP reached a maximum value of 6.72 with an average solar radiation of 721.58 W·m -2. However,
it also had a COP of 4.07 with a low level of radiation, about of 451.6 W·m-2, in average.
Heated water has an almost constant heating process. It depends of the incident solar radiation on
the collector/evaporator and the ambient temperature. In clear conditions, water reached a final
temperature of 58.6 °C and with a cloudy and rainy weather, water final temperature was 47.7 °C.
When the solar radiation or ambient temperature increase, heating time decreases and COP of the
system increases.
The carbon reduction factor (CFC) with a maximum COP of 6.72 is 89.5; therefore, by the
implementation of this system to replace a conventional electric heating system, there will be a
significant reduction in the CO2 emissions, about a 91 % comparing it with the conventional systems.
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NOMENCLATURE

Q
m
h
Wi
W

Number of the day of the year
[dimensionless]
Heat [W]
Mass flow rate [kg·s-1]
Enthalpy [kJ·kg-1]
Requiered power [W]
Power [W]

A

Area [m2]

N

Greek symbols
η
Efficiency
δ
Slope solar angle
φ
Latitude
β
Tilt angle
θ
Incidence angle
γ
Azimuth angle
-2

ω

Solar angle

I

Solar radiation instensity [W·m ]

α

Altitude angle

t

Time [s]

ψ
z

Zenith angle
Solar azimuth angle

Subscripts
evap Evaporator
cond Condenser
comp Compressor
val
Expansion valve
in
Inlet
out
Outlet
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ABSTRACT
Shell-tube falling film structure is commonly adopted for the main components in absorption heat
pump (AHP). However, this structure leads to a large size. This work aimed to develop a detachable
plate-type falling film heat transfer structure, to present a liquid-level-lifting type asymmetrical
overflow distributor system to miniaturize the AHP system.
In this work, a specific experimental system was developed. The experimental study under different
solution temperatures and distributor dimensions were carried out to find the key factors which
influence the wetting characteristics.
A structure with optimal wetting performance was determined under the rated flow after the study.
The overall wetting rate reached 95%, and the average thickness of liquid film was as low as 0.44mm.
An optimized distributor with ideal wetting performance was presented, which promote the
development of the detachable plate-type falling film AHP and the application of absorption
technology.
Keywords: Absorption Heat Pump; Plate-type Falling Film; Overflow Liquid Distribution; Wettability

1. INTRODUCTION
An absorption heat pump (AHP) is a thermally driven device that can complete the heat conversion
of different grades of thermal energy (T.Hu et al., 2017). Nowadays, a new method of heating by
using this system has been proposed to achieve long-distance heat transportation (Y.Li et al., 2011).
However, the large size and high cost of traditional AHP limits greater application of absorption
technology. For an absorption refrigeration unit with a cooling capacity between 10 and 30 kW, the
required volume per unit of cooling capacity is approximately 0.04 m3·kW -1, while the required unit
cooling capacity is only 0.02 m3·kW -1 of the compression refrigeration unit in the same cooling
capacity range (Ruiz G et al., 2011). Conventional AHP uses a shell-and-tube heat exchange
structure, which causes the large size (Yau.Y.H et al., 2010). Therefore, a new appropriate heat
exchanger form should be researched.
In recent years, different scholars have done a lot of research in different directions such as platefin, plate and micro-channel structure (Z.C et al., 2003; Cerezo J et al., 2009; Delahanty J.C. et al.,
2015). From the report, the plate-fin structure has the problem that the effect of the fins is not obvious,
and the structure is not compact enough (Z.C et al., 2003). What’s more, there is no subsequent
reports have been reported. The micro-channel structure only made an attempt to ammonia
absorption chillers in small capacity (Delahanty J.C. et al., 2015). It has the problem of great process
difficulty which can’t be used in large-scale engineering applications. Therefore, this paper studies
the plate-type falling film absorption heat pump system.
At present, there have been many articles on the research and performance test of the plate type
falling film heat exchanger. Mehdi et al. (2015) designed an embossed sheet structure and tested
the heat transfer performance. The heat pump could reach the absorption rate of 0.004 kg·m-2·s-1 at
the design temperature. Benoit et. al. (2017) designed a vertical trough-type falling film structure,
which achieved an absorption rate of 0.007 kg·m-2·s-1 at low solution flow rates. Yan et al. (2017)
conducted a plate-type falling film experiment on liquids with different viscosities, and tested the
wetting rate and film thickness. The conclusion was that the film thickness is inversely related to the
viscosity. Armel et al. (2014) tested the falling film wetting performance of a single vertical corrugated
plate at different solution flows, which found that the wetting rate is higher than the reverse when the
flow rate changes from large to small. Al-Sibai et. al. (2005) researched the fluctuation of plate-type
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falling film, which found the factors affecting the flow of liquid film are not only the Reynolds number
(Re), but also the length of the plate.
Currently, scholars mainly focus on the heat exchange performance of the plate-type absorption heat
pump, without considering the problems which may arise in actual engineering. The unit usually has
problems that the gas brings solution from generator to evaporator, and the equipment can’t be
disassembled without destroying the vacuum. Research on the design of plate-type falling film liquid
separator has appeared vacancy. There is no special structure of plate-type falling film liquid
distributor has been designed. Accordingly, our previous study designed a new structure of platetype falling film liquid distributor, which can effectively solve the problem of gas bringing solution,
and achieve the disassembly of the equipment without breaking the vacuum (T.Hu et al., 2017), this
paper also designed different plate textures. In this paper, an experiment was done to tested the
wetting rate of the new structure, and the structure of the liquid distributor and the texture of the plate
were optimized to achieve a high wetting rate at low density of liquid distribution.

2. FIRST GENERATION OF LIQUID DISTRIBUTOR
In order to solve the problems mentioned earlier, a liquid-level-lifting type asymmetrical overflow
distributor system was proposed, first we used the first generation for wetting characteristics
experiment. The obtained wetting rate is not great in low solution flow.
2.1.

The structure of first generation equipment

Fig. 1 shows the structure of first generation liquid distributor (T.Hu et al., 2017). This liquid distributor
can be used in all the heat exchangers of absorption heat pump. When it works in the generator, the
solution enters vertically from two sides of the structure shown in Fig. 1(c), and overflows to the
inside respectively. Then, the falling film flow state is formed. A 30 mm long baffle is designed on
both sides of the solution falling film passage, and the generated steam is discharged from the steam
passage inside the baffle plate, as a result, the steam does not bring solution.

Figure 1: Drawings of the first generation liquid distributor: (a) front view; (b) top vie; and (c) crosssectional view

On this basis, our previous study designed a multi-channel heat and mass exchanger (HMX) (T.Hu
et al., 2019), which can achieve to disassemble the equipment without breaking vacuum. Fig. 2
shows the design concept of HMX. The green and gray parts are steam channels, which are in a
vacuum state. The orange portion is an atmospheric water channel formed by splicing two
independent units. After the two modules are spliced together, the equipment can be used as a
generating-condensing module or an absorbing-evaporating module. When the HMX needs to be
disassembled, it can be disassembled into two separate modules for periodic cleaning, while the
vacuum channel will not be destroyed.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4841

Figure 2: Conceptual sketch of a detachable heat and mass exchanger

2.2.

Test system

Fig. 3(a) shows the layout of the experimental setup, while Fig. 3(b) shows the actual photo of the
whole test system. A sufficient amount of lithium bromide solution is installed in the effusion tank.
When the solution pump is turned on, the solution flows along the tube to the solution box. Then the
solution enters the liquid distributor and starts falling film flow. Finally, the solution flows down from
the plate and returns to the effusion tank. The flow and wetting characteristics of the solution on the
liquid distributor and plate can be studied.

Figure 3: Test system of wetting characteristics of liquid distribution: (a) layout; (b) actual system

A valve is installed on the tube to adjust the flow rate of the solution. We can use it to change liquid
density. Specific experimental parameters are shown in Table 1. In order to study the relevant factors
affecting the flow characteristics more effectively, the experiment is carried out under atmospheric
pressure. Both water and lithium bromide solutions are tested under different densities of liquid
distribution. The concentration of lithium bromide solution is the same as that inside the actual unit,
but the specific experimental temperature is lower than actual working temperature. Referring to the
research method of Al-Sibai et al. (2005), the solution was dyed with a small amount of carmine, and
the wetting rate was calculated by taking a photo of the plate-type falling film unit. Fig. 4 shows the
calculation method. Photoshop is used to obtain the pixel of the colored part and the overall pixel
value, then we can get the wetting rate ηwet. The calculation formula is shown in Eq. (1).

 wet = Pixwetting / Pixtotal  100%

where pixwetting and pixtotal is the pixel value of the colored part and overall pixel value.

Eq. (1)

Table 1. Related parameters of the wetting characteristics experiment

Experimental environment
Atmospheric pressure

Fluid dye
Carmine (less than 1 wt.%)

Experimental fluent
Lithium bromide aqueous solution
Water
-3
3.7-15.6 °C ; 1.42 g·cm ; 42 wt.%
10.3 °C; 1.0 g·cm-3
Experimental instrument
SONY HDR-PJ760
Float flowmeter (>40 L·h-1)
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Figure 4: The method for calculating the wetting rate

2.3.

Test result of wetting characteristics

Fig. 5 shows the wetting characteristics of the solution at different flow rates. All of the experimental
phenomena in the figure can be repeated. The upper and lower rows are the experimental results of
the flow rate from small to large and from large to small. According to the method of the previous
section, the wetting rate is calculated, and the curve of the wetting rate as a function of the density
of liquid distribution can be plotted.

Figure 5: Wetting characteristics of solutions at different flow rates

Fig. 6 shows the results of the testing wetting rate of water and lithium bromide solution at different
liquid density. The red and blue curves in the figure are the wetting rate of decreasing flow rate and
increasing flow rate when the fluid is water. When the fluid is a solution, the change in flow rate has
little effect on the actual wetting characteristics. From the curve in Fig. 6, the following two results
can be obtained: 1). If the flow rate is too large or too small, the fluid will bias flow. Therefore, the
asymmetric liquid distribution system has the best flow rate. In our test, the best flow rate occurs at
the density of liquid distribution of 0.26-0.4 kg·m-1s· -1; 2). At the same flow rate, the wetting rate of
decreasing flow rate is greater than the test result of the increasing flow rate, and the deviation is
most significant near the optimum flow rate. For water, at the density of liquid distribution of 0.27
kg·m-1s· -1, the wetting rate of decreasing flow is 78%, while the wetting rate of incresasing is just
40%. The latter wetting rate is 38% less than the former. According to the results of Lee et al. (2002),
there is inertia in the vertical plate falling film flow. Our test has found the wetting characteristics
obtained by gradually decreasing the flow rate after wetting the plate surface in advance are better,
which is consistent with the results of Al-Sibai (2005). In addition, our study has found that the effect
of flow inertia on water is greater than the effect on the lithium bromide solution.

Figure 6: Wetting rate of different fluids at different density of liquid distribution
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The tests in Fig. 6 adopt the plate with bubble-like groove of rectangular arrangement, while Fig. 7
shows the results of the plates with bubble-like groove of different arrangement. The rectangular
curve in Fig. 7 is the result of the rectangular arrangement plate, and the rhombic curve is the result
of the rhombic arrangement plate. When the density of liquid distribution is small, the wetting rates
of the two arrangements are similar, but when the density of liquid distribution is large, the corrugated
plate of the rhombic arrangement can avoid the bias flow, and the wetting rate is significantly better
than the corrugated plate of the rectangular arrangement. At the high density of liquid distribution of
0.6 kg·m-1s· -1, the wetting rate of rhombic arrangement is 91%, while that of rectangular arrangement
is only 49%. The latter wetting rate is 42% less than the former.

Figure 7: Wetting rate of different bubble-like groove arrangement at different densities of liquid
distribution

All the above test results shows low wetting rate under the small density of liquid distribution.
Therefore, the wetting characteristics of the first generation liquid distributor under the small liquid
density are not good, and the structure of the liquid distributor needs to be improved and optimized.

3. STRUCTURAL OPTIMIZATION OF LIQUID DISTRIBUTOR
We found in the test that there are two factors affecting the wetting characteristics of the plate-type
falling film. The first factor is the liquid distributor and the second is the corrugated structure of the
plate. Since the plate type falling film flow can only be distributed once, it is required to make the
liquid flow uniformly and completely from the full plate. The first generation did not achieve it at a
small density of liquid distribution, so the structure of liquid distributor needs to be optimized. In
addition, the first generation of plate adopts the bubble-like groove arrangement. It is tested that the
water side had a low heat transfer coefficient (T.Hu et al., 2019). Therefore, it is necessary to design
a suitable corrugated structure on the plate, which can not only enhance the heat transfer coefficient
of water side, but also show the high wetting characteristics of solution side.
3.1.

Structural optimization of liquid distributor

Fig. 8 shows the structural parameters of the liquid distributor. The key dimensions affecting the
wetting characteristics of plate-type falling film are Hin, H1 and H2. Among them, Hin is the height of
the solution inlet, H1 is the highest height that liquid level can be lifted, and H2 is the height of the
groove from the upper wall. In the actual optimization plan, we design the height of H1 is 60mm, then
we change the height of Hin and H2 to carry out multiple experiments. Finally, we can find the optimum
size, and explore the law at the same time.

Figure 8: Structure of liquid distributor
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The experimental parameters of the optimizing liquid distributor is shown in Table 2. The specific
experimental setup is the same as it in Chapter 2, and the experiment is still tested under atmosphere
pressure. In order to study the properties of liquid distribution, we use a vertical plate as the plate
structure. We use the same method of Chapter 2 to calculate the wettiing rate of the plate to
represent the actual properties of liquid distribution. The higher the wetting rate, the better the
properties of it.
Table 2. Related parameters of the wetting characteristics experiment

Experimental environment
Atmospheric pressure

Fluid dye
Carmine (less than 1 wt.%)
3.2.

Experimental fluent
Lithium bromide aqueous solution
8.1-20.2 °C ; 1.433 g·cm-3; 42 wt.%
Experimental instrument
SONY HDR-PJ760
Float flowmeter (>40 L·h-1)

Test result of wetting characteristics

Fig. 9(a) shows the actual wetting characteristics of test results for different solution inlet heights,
where the H2 height is a constant 5 mm. From the curve in Fig. 9(a), it is a significant influence on
the effect of liquid distribution by changing the solution inlet height. The flow rate of the optimum
wetting rate is also different at different heights of Hin. The optimum flow rate at 20mm height is
between 80-90 L·h-1, the optimal flow rate at 30mm height is between 100-125 L·h-1, and the optimal
flow rate at 40mm height is over 125 L·h-1. With the increase of inlet height Hin, the optimum flow
rate of liquid distribution will also increase. At the low density of liquid distribution of 0.15 kg·m-1s· -1,
the wetting rate in 40 mm inlet height is 38%, while 30% in 30mm Hin, and 18% in 20mm Hin. Under
the experimental conditions, the plate has a highest wettability with a height of 30 mm. However, the
high wetting rate of the plate occurs at a large flow rate (over 100 L·h-1). At the small density of liquid
distribution, the wetting rate of plate at different Hin is less than 40%. The wetting charcteristics is not
ideal by just changing the inlet height Hin.

Figure 9: Wetting rate of different liquid distributor of Hin or H2 at different density of liquid
distribution: (a) different Hin, and (b) different H2

Fig. 9(b) shows the actual wetting characteristics results for different H2, where Hin takes an optimum
value of 30 mm. From the curve of Fig. 9(b), increasing H2 has a significant effect on the wetting
characteristics. When the height of H2 is 15mm, the wetting rate tested under small density of liquid
distribution is significantly improved, and the average wetting rate reaches 95%. At the low density
of liquid distribution of 0.15 kg·m-1s· -1, the wetting rate of 15 mm H2 reaches 92%, while the wetting
rate of 5 mm H2 at the same density of distribution is only 38%. The wetting rate of former is 2.42
times of the latter. The optimized liquid distributor can meet the working requirements of actual heat
exchanger. The reason for this result is that when the height of H2 is small, the fluid comes into
contact with the upper wall. It would create a force that prevents the solution falling film uniformly.
Therefore, when the hieght of H2 raising until the solution does not contact with the upper wall, the
force disappears. The solution is unformly distributed on the cross section of the liquid distributor,
and only freely dropped by gravity. As a result, the solution can cover the whole plate and form falling
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film flow. Thereby, the plate can obtain a high wetting rate. When the density of liquid distribution is
large, bias flow becomes the main factor, resulting in similar results of wetting characteristics with
different height of H2. The wetting rate drops to 75%, which is 0.82 times of the wetting rate in the
low desnity of liquid distribution.
3.3.

Simplified calculation of liquid film thickness

Finally, we theoretically calculate the film thickness obtained in Sec.3.2. The following assumptions
were made to simplify the calculation：
1. The solution overflows from the full width of the liquid distributor, and the solution film has the
same thickness at the same height;
2. Ignore surface tension, viscous force and inertial force of the interface between air and solution.
The calculation parameters are as follows:
Hin: 30 mm;
H2: 15 mm;
b (the width of the liquid distributor): 150 mm;
Gv (the inlet flow rate of the solution): 55 L·h-1.
In the free falling film flow of the plate, the Reynolds number can be calculated in Eq. (2).

Re =

4



Where Г is mass flow rate per unit length in kg·m s· -1, μ is dynamic viscosity in kg·m-1s· -1.
For vertical plate, Г can be calculated in Eq. (3), and Re can be calculated in Eq. (4).
-1

=

 Gv

b
4  Gv
Re =
b

Eq. (2)

Eq. (3)
Eq. (4)

Where ρ is solution density in kg·m-3. Accroding to Eq. (4), the Re can be calculated, The value of
Re is 146. According to the existing research (Al-Sibai F. et al., 2005), the Reynolds number is
between 20 to 1000 ~ 2000. The flow pattern of liquid film is fluctuating laminar flow. According to
Nusselt falling film theory, in the initial stage of falling film, the thickness of liquid film is constant,
which satisfies the film thickness formula in Eq. (5):

 =（

3 13
）
2g

Eq. (5)

Where g is gravitational constant (9.81 m·s-2), as a result, the result of film thickness is 0.44 mm,
which is suitable for falling film heat transfer process.

4. CONCLUSIONS
A liquid-level-lifting type asymmetrical overflow distributor system is proposed in this paper to
miniaturize the AHP system. The corrugations of the plate has an effect on the wetting characteristics.
A suitable structure of plate should be found to improve both the heat transfer performance on the
water side and the wetting characteristics on the solution side. Some structural optimization schemes
have been proposed to improve the wetting characteristics of the system. Some conclusions can be
made as follows:
1) The asymmetric liquid distribution system has the best flow rate. The best flow rate occurs at the
density of liquid distribution of 0.26-0.4 kg·m-1s· -1, If the flow rate is too large or too small, the fluid
will bias flow;
2) Different flow characteristics can influence the wetting rate. For water, at the density of liquid
distribution of 0.27 kg·m-1s· -1, the wetting rate of decreasing flow is 78%, while the wetting rate of
incresasing is just 40%. The latter wetting rate is 38% less than the former;
3) It is a significant influence on the effect of liquid distribution by changing the solution inlet height.
Under the experimental conditions, the plate has a highest wetting rate with a height of 30 mm. The
average wetting rate is 35% in low desnity of liquid distribution, which is 1.25 times than that of 40
mm Hin, and 2.33 times than that of 20 mm Hin;
4) When the height of the groove from the upper wall is 15mm, the average overall wetting rate
reaches 95%, and the average thickness of liquid film was as low as 0.44mm. At the low density of
liquid distribution of 0.15 kg·m-1s· -1, the wetting rate reaches 92%, which is 2.42 times of the wetting
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rate in 5 mm H2, the optimized liquid distributor can meet the working requirements of actual heat
exchanger.
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NOMENCLATURE
H
b
Г
μ
g

height (m)
width (m)
density of liquid distribution (kg·m-1s-1)
dynamic viscosity (kg·m-1·s-1)
gravitational constant (9.81 m·s-2)

ηwet
G
ρ
δ
Re

wetting rate (%)
volume flow rate (m3s· -1)
density (kg·m-3)
film thickness (m)
Reynolds number
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ABSTRACT
Multi-section vertical absorption heat exchanger (MVAHE) is a novel heat exchanger applied in
district heating system. In field application, the MVAHE faces many challenges like sudden black out
and heat source break down. Therefore, dynamic behavior study is critical to reach higher stability
and better heat exchange performance. The working fluid flows through several sections inside
MVAHE under gravity and section vapor pressure difference. An intensive distributed parameter
dynamic model is built to study the pressure and liquid level response under transient conditions.
The model is validated by test result. Start-up process is studied in detail. A better control strategy
is recommended.
Keywords: Absorption Heat Pump, Absorption Heat Exchanger, Dynamic Modelling, District Heating.

1. INTRODUCTION
A novel district heating system using low-grade waste heat from power plants and industries as heat
source was proposed in recent years by Fu et al. (2008) to reduce primary energy consumption for
heating. Absorption heat exchanger (AHE) is a novel heat exchanger to finish heat exchange from
primary water to secondary water and to reduce outlet primary water temperature for waste heat
collection (Xie and Jiang, 2017). The AHE consists of an absorption heat pump (AHP) and a plate
heat exchanger (HEX) as shown in Fig. 1a. Unlike conventional absorption chiller or AHP, the AHP
applied in AHE has larger external fluid inlet/outlet temperature difference in condenser and
evaporator and larger pressure difference range, as shown in Table 1. Therefore, advanced design
should be introduced to enable better performance.
Multi-section vertical absorption heat exchanger (MVAHE) was proposed and developed (Jiang et
al., 2013; Zhu et al., 2016). The absorber and evaporator are divided into three sections from top to
bottom to provide three evaporating processes for the 15K~20K inlet/outlet water temperature
difference in evaporator. U-pipe is applied to let the solution or refrigerant water flow from the upper
section to the lower section and to separate the vapor space of the two sections. Orifice plate is
applied in each section of generator, absorber, and evaporator to distribute liquid equally to heat
transfer pipes and to realize falling film heat and mass transfer process. The hot primary water flows
through the generator, the HEX, and the evaporator in succession, then returns to the heat source.
The cold secondary water is divided into two flows, the first one flows through absorber and
condenser in succession, and the second one flows through HEX. The two flows meet together after
being heated, and then flow to rooms for space heating. The structure is shown in Fig. 1b.
Table 1. Difference between Conventional Absorption Chiller or AHP and AHE

Parameters

Conventional

AHE

Condenser inlet/outlet temp [℃]

30/35

40/55

Evaporator inlet/outlet temp [℃]

12/7

45/25

(Inlet T)-(Outlet T) [K]

ΔT=5

ΔT=15~20

ΔP=4.6~6

ΔP=4.4~21

(Condensing P)-(Evaporating P) [kPa]

In MVAHE, the internal working solution or refrigerant flows from upper section to lower section
naturally. The driven force of the flow includes liquid level difference and pressure difference
between two sections. Therefore, the stability of the MVAHE highly relies on stable liquid level and

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4848

pressure difference. The dynamic response of liquid level and pressure should be studied to further
improve the stability of MVAHE.

U-pipe

(a) Basic

(b) Internal structure and

(c) Developed

(d) Orifice plate and

process

process

MVAHE

U-pipe

Figure 1: Absorption Heat Exchanger

Previous dynamic modeling works about AHP or absorption chiller mainly focused on the change of
heating or cooling rate, flow rate, and COP (Jeong et al., 1998; Zinet et al., 2012; Viswanathan et
al., 2013; Kohlenbach and Ziegler, 2008a,b). Some studies also focused on advanced strategy to
shorten start-up time (Kim and Park, 2007; Xu et al., 2016) and to avoid crystallization (Shin et al.,
2009). However, the author can barely find study paying attention to internal working fluid flow
process especially natural flow process in such a complicated system. The flow model is over
simplified to reveal the real condition. Therefore, a new dynamic model that is able to accurately
calculate the nine liquid tank levels (including orifice plate distribution tanks, solution tank, and
refrigerant tank), six U-pipe liquid levels, and four vessel pressures at any instant should be
developed to study the dynamic behavior of MVAHE under challenging transient conditions.

2. MODELING
This study focuses on the complicated various chamber pressures and liquid levels change in a
MVAHE under dynamic conditions. A dynamic model is developed to address the limitations of
other models applied in previous works and to realize effective pressure and liquid level
calculation. To reduce the complexity of the model, following assumptions are employed:
a) The MVAHE is insulated from its surroundings and thus, the heat exchange between
the AHE and the ambient is neglected;
b) The heat transfer pipes in the condenser and evaporator are covered completely with
saturated water film;
c) The pressure drop of vapor flowing from generator to condenser or from evaporator to
absorber is neglected;
d) The vapor in each chamber is mixed uniformly. Therefore, each chamber has unique
vapor property (e.g., pressure, density, specific enthalpy).
2.1.

Heat and Mass Transfer Model

Distributed parameter method is applied to build the heat and mass transfer model. For generating
or absorbing process, the heat transfer process and mass transfer process are considered
separately. This method is chosen because it is not suitable to define mean temperature difference
for solution generating and absorbing processes (Li, 2016).
In generator, the heat source fluid inside pipes transfers heat through pipes to solution. The
solution is heated and the mass transfer between solution mainstream and surface saturated
solution film begins. Therefore, vapor is generated to the chamber and the solution is
concentrated. The surface saturated solution film has concentration controlled by mainstream
temperature and chamber vaopr pressure:
𝑥"#$,& = 𝑥"#$ (𝑃&* , 𝑡",& )
Eq. (1)
the mass transfer rate is controlled by mass transfer coefficient ℎ. and local concentration
difference between mainstream and surface:
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𝑑𝑚̇2,& = (𝑥"#$,& − 𝑥",& )𝜌" ℎ. 𝑑𝐴&
Eq. (2)
the heat transfer process is modeled as follows:
𝑑𝑞̇ $",& = (𝑡$7,& − 𝑡",& )𝑘$" 𝑑𝐴&
Eq. (3)
𝑑𝑞̇ 9$,& = (𝑡:,& − 𝑡$7,& )𝑘9$ 𝑑𝐴&
Eq. (4)
In condenser, the saturated water covering pipes has temperature calculated by chamber
pressure:
𝑡"#$,* = 𝑡"#$ (𝑃&* )
Eq. (5)
and the heat transfer rate is modeled as shown in Eq. (6) to (7):
𝑑𝑞̇ ;$,* = (𝑡"#$,* − 𝑡$7,* )𝑘;$ 𝑑𝐴*
Eq. (6)
𝑑𝑞̇ $9,* = (𝑡$7,* − 𝑡:,* )𝑘$9 𝑑𝐴*
Eq. (7)
In generator-condenser vessel, the heat and mass transfer process can be illustrated by Fig. 2.
𝑚̇",$,%,&
𝑥",$,%,&
𝑡",$,%,&

𝑡(,$,&
𝑞̇ 7+,$,&
𝑀(,$,&
𝑡(,$,&

𝑞̇ 9+,2,8
ℎ3,$
𝑚̇3,$,&
𝑥"/0,$,&

𝑀+,,$,&
𝑡+,,$,&

𝑚̇(,$,%
𝑡(,$,&)*

Heat Source
Water

𝑡(,2,8

𝑞̇ +",$,&

Solution
Mainstream

𝑚̇3,2,8

𝑃$2

𝑀+,,2,8
𝑡+,,2,8

𝑀3,$2

𝑀(,2,8
𝑡(,2,8

ℎ3,$2
𝑡"/0,2

𝑡",$,%,&)*
𝑥",$,%,&)*
𝑚̇",$,%,&)*
Heat
Transfer
pipes

𝑞̇ +7,2,8

𝑡(,2,8)*
𝑚̇(,2,%
Generating
Surface
Saturated
Film

Condensing

GeneratorCondenser
Vessel

Heat
Transfer
pipes

Surface
Saturated
Water Film

Heat Sink
Water

Figure 2: Generating and condensing process

The heat and mass transfer model in absorber and evaporator can be developed using similar
method, as shown in Eq. (8) to Eq. (14)
𝑥"#$,# = 𝑥"#$ (𝑃#< , 𝑡",# )
Eq. (8)
𝑑𝑚̇2,# = (𝑥",# − 𝑥"#$,# )𝜌" ℎ. 𝑑𝐴#
Eq. (9)
𝑑𝑞̇ "$,# = (𝑡",# − 𝑡$7,# )𝑘"$ 𝑑𝐴#
Eq. (10)
𝑑𝑞̇ $9,# = (𝑡$7,# − 𝑡:,# )𝑘$9 𝑑𝐴#
Eq. (11)
𝑡"#$,< = 𝑡"#$ (𝑃#< )
Eq. (12)
𝑑𝑞̇ $;,< = (𝑡$7,< − 𝑡"#$,< )𝑘$; 𝑑𝐴<
Eq. (13)
𝑑𝑞̇ 9$,< = (𝑡:,< − 𝑡$7,< )𝑘9$ 𝑑𝐴<
Eq. (14)
2.2.

Natural Flow Model

The solution and refrigerant water flow from top section to bottom section under pressure
difference and gravity effect. The input of natural flow model is essential to determine the flow rate
in each section and to reveal solution or refrigerant transport delay. Natural flow model mainly
includes orifice plate liquid flow model and U-pipe flow model.
2.2.1. Orifice plate flow model
The liquid level above orifice plate is the driven force to overcome the pressure drop of fluid flowing
through orifice. Therefore, the fluid flow velocity through orifice is a function of fluid property and
liquid level. This function was tested before building the model. The connection between orifice
plate pressure drop and solution flow velocity through orifice is shown in Fig. 3. For each fluid,
there is a similar function as shown in Eq. (15).
16
y = 0.7761x2 + 0.8702x
R² = 0.9764

Pressure
drop
[kPa]
过孔阻力
[kPa]

14

12
10
8

6
4
2

0

0

0.5

1

1.5
2
2.5
[m/s] [m/s]
Velocity 过孔流速
through orifice

3

3.5

4

Figure 3: Pressure drop of solution flowing through orifice
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𝑢 = 𝑓(𝜌, 𝐻)
Eq. (15)
In dynamic modelling, the liquid level above orifice plate is changing along with time. Therefore, the
distribution flow rate of liquid in each section can be calculated.
2.2.2. U-pipe flow model
U-pipe is applied to separate the vapor space of two vessels and to provide liquid flow channel.
The U-pipe flow model will determine the flow rate from upper section to lower section as well as
the liquid level in the U-pipe.
The U-pipe model is shown in Fig. 4. Three flow rates are considered: the U-pipe inlet flow rate
𝑚̇7@A@<,ABC<$ , the U-pipe inside flow rate 𝑚̇7@A@<,ABB<; , and the U-pipe outlet flow rate 𝑚̇7@A@<,D7$C<$ .
The inlet flow rate is an independent parameter for U-pipe flow model. The inside flow rate is a
function of U-pipe inlet pressure 𝑃7@A@<,ABC<$ , outlet pressure 𝑃7@A@<,D7$C<$ , downstream liquid column
height 𝐻7@A@<,ED:B:#;E , upstream liquid column height 𝐻7@A@<,7@:#;E , and liquid properties. The
outlet flow rate is the actual inlet flow rate to the lower section. At the beginning of a U-pipe flow,
the pipe is empty or at least half-empty, the upstream liquid column height 𝐻7@A@<,7@:#;E is smaller
than U-pipe upward height 𝐿7@A@<,7@:#;E , and the outlet flow rate is zero. Otherwise, the upstream
liquid level reaches U-pipe exit, and the outlet flow rate equals to inside flow rate.
The downward stream liquid column height is controlled by inlet flow rate and inside flow rate.
When 𝐻7@A@<,ED:B:#;E is larger than U-pipe height, the liquid will accumulate above the inlet of Upipe, and the smoothly U-pipe natural flow is blocked. This may happen when U-pipe flow pressure
drop is higher than design condition or the outlet pressure is higher than inlet pressure. The
upstream liquid column height is influenced by inside flow. The maximum height is U-pipe height.
With the input of U-pipe flow model, the dynamic model can calculate start-up process where the
time delay to refill each U-pipe cannot be ignored. The dynamic model can also simulate the
condition when natural flow is blocked and the liquid level is higher than U-pipe inlet point.
Start

Input pressure and present
liquid level parameters

Inside flow rate
𝒎̇𝒖𝒑𝒊𝒑𝒆,𝒊𝒏𝒏𝒆𝒓 = 𝒇(𝑷𝒖𝒑𝒊𝒑𝒆,𝒊𝒏𝒍𝒆𝒕, 𝑷𝒖𝒑𝒊𝒑𝒆,𝒐𝒖𝒕𝒍𝒆𝒕,
𝑯𝒖𝒑𝒊𝒑𝒆,𝒅𝒐𝒘𝒏𝒘𝒂𝒓𝒅, 𝑯𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅)

Downstream liquid column height
𝒎̇𝒖𝒑𝒊𝒑𝒆,𝒊𝒏𝒏𝒆𝒓 , 𝑳𝒖𝒑𝒊𝒑𝒆,𝒅𝒐𝒘𝒏𝒘𝒂𝒓𝒅)

Upstream liquid column height

𝒎̇𝒖𝒑𝒊𝒑𝒆,𝒊𝒏𝒏𝒆𝒓 , 𝑳𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅)

𝑯𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅 ≤ 𝑳𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅
Full？

Outlet flow rate
𝒎̇𝒖𝒑𝒊𝒑𝒆,𝒐𝒖𝒕𝒍𝒆𝒕 = 𝟎

𝑯𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅 > 𝑳𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅
Outlet flow rate
𝒎̇𝒖𝒑𝒊𝒑𝒆,𝒐𝒖𝒕𝒍𝒆𝒕 = 𝒇(𝑯𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅,
𝑳𝒖𝒑𝒊𝒑𝒆,𝒖𝒑𝒘𝒂𝒓𝒅, 𝒅𝝉)

(a) U-pipe flow

End

(b) Calculation process

Figure 4: U-pipe flow model

2.3.

Dynamic Modeling

2.3.1. Liquid tank model
Inside a MVAHE, there are a lot of liquid tanks including the tank above each orifice plate, the
solution tank, and the refrigerant water tank. Conservation equations are used to determine the
properties of liquid inside the tanks (mass, enthalpy, and concentration) at any instant.
𝑑𝑀
Eq. (16)
= 𝑚̇AB − 𝑚̇D7$
𝑑𝜏
𝑑(𝑀ℎ)
Eq. (17)
= (𝑚̇ℎ)AB − (𝑚̇ℎ)D7$
𝑑𝜏
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𝑑(𝑀𝑥)
= (𝑚̇𝑥)AB − (𝑚̇𝑥)D7$
𝑑𝜏

Eq. (18)

2.3.2. Pressure calculation
Pressure calculation is crucial in this study because it matters the calculation of natural flow rate
and liquid level change. In this model, the vapor pressure is determined by calculating the vapor
properties (specific enthalpy, specific volume) in the chamber, as shown in Eq. (19) to Eq. (22).
𝑑𝑀2
= 𝑚̇2,AB − 𝑚̇2,D7$
Eq. (19)
𝑑𝜏
𝑑(𝑀2 ℎ2 )
Eq. (20)
= (𝑚̇2 ℎ2 )AB − (𝑚̇2 ℎ2 )D7$
𝑑𝜏
𝑉2<""<C
𝑣=
Eq. (21)
𝑀2
𝑃 = 𝑓(ℎ2 , 𝑣)
Eq. (22)

3. START-UP PROCESS STUDY AND MODEL VALIDATION
In this section, the developed model is validated by field test result. The start-up process is chosen
for the validation because this process has transient pressure, flow rate, and temperature change at
the same time, making it the most difficult process to simulate.
3.1.

Start-up Process Field Test

A MVAHE with one-section generator-condenser unit and three-section absorber-evaporator unit is
chosen for the test. Present start-up procedure is turning on solution pump and refrigerant pump
first, the equipment is running at cold mode where no heat source or heat sink is introduced. After
solution and refrigerant flow into each vessel and that liquid level above each orifice plate is stable,
the hot water pump and the cooling water pump begin to work. The machine switches to heating
mode. The pressure change in each section under two different modes are shown in Fig. 5.
Condensing P

Solution into
Absorber-1, -2, -3

Evaporating P-1
Pressure [kPa]

Pressure [kPa]

Solution into
Generator

Evaporating P-2

Evaporating P-3

Condensing P
Evaporating P-1

Evaporating P-2
Evaporating P-3

Time

(a) Cold mode

Time

(b) Heating mode

Figure 5: Start-up process pressure change

In cold mode, the pressure of each section decreased when solution enters. The solution entered
each section with clear time delay. Therefore, the pressure of each section from top to bottom
dropped one after another. The pressure in generator-condenser unit (Condensing P) was lower
than the others. This interfered the U-pipe flow from generator to absorber. Solution was observed
to accumulate at the bottom of generator (inlet of U-pipe connecting generator and absorber).
In heating mode, the condensing pressure was rising, a decreasing pressure gradient from top
section (Condensing P) to bottom section (Evaporating P-3) was gradually developed. This
pressure gradient ensured that the inlet pressure was higher than outlet pressure for each U-pipe
and guaranteed stable natural flow. The solution level at bottom of generator disappeared.
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3.2.

Model Validation with Test Result

The same start-up condition is calculated by the dynamic model developed in this study. The
agreement with test result is shown in Fig. 6 and Fig. 7. The calculated pressure value and
changing trend fit well with test result.
The liquid level change is also calculated. Fig. 8 shows the solution level change at inlet of U-pipe
from generator to absorber. In cold mode, the liquid level is rising beyond inlet point of U-pipe and
solution begins to accumulate at bottom of generator. While in heating mode, this liquid level is
lower and lower, the solution accumulation disappears. The calculated result meets test
observation.
3.3.

Control Strategy to Avoid Solution Accumulation

Solution accumulation may lead to many problems including unstable natural flow and solution
overflow into refrigerant. The reason is that condensing pressure is lower than evaporating
pressure-1 when solution and refrigerant enter each section in cold mode. After trying several
methods using the dynamic model, the authors suggest that inputting heat source and heat sink
fluid before turning on solution pump and refrigerant pump can keep condensing pressure higher
than evaporating pressure and avoid solution accumulation. The pressure change and liquid level
change are calculated and shown in Fig. 9. The liquid column height on downward side is always
smaller than U-pipe height and solution accumulation will not happen.
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Figure 7: Heating mode pressure
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Figure 8: Liquid level change and solution accumulation
1.4

6

1.2

Liquid column height [m]

7

Pressure [kPa]

5

4
3
Condensing P
Evaporating P-1
Evaporating P-2
Evaporating P-3

2
1
0

0

20

40

60
80
Time [s]

100

(a) Pressure change

120

140

U-pipe height

1

0.8
0.6
0.4

Downstream

0.2

Upstream

0

0

20

40

60
80
Time [s]

100

120

140

(b) Liquid level change

Figure 9: Improved start-up procedure

4. CONCLUSION
In this study, a dynamic model is developed to study the pressure change and liquid level change
in MVAHE under transient conditions. A distributed-parameter heat and mass transfer model is
applied. The natural flow model for orifice plate and U-pipe are introduced to calculate flow rate
and liquid level change. The model is validated by test result. Start-up process is meticulously
studied and an improved start-up control strategy is suggested. This model will be helpful to study
more conditions and to further improve the stability of MVAHE.
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NOMENCLATURE
𝐴
heat and mass transfer area [m2]
𝐻
height [m]
ℎ
specific enthalpy [kJ×kg-1]
ℎ. mass transfer coefficient [m×s-1]
𝑘
heat transfer coefficient [kW×m-2×K-1]
𝑀
mass [kg]
𝑚̇
mass flow rate [kg×s-1]
Subscripts:
sat saturated
s
solution
v
vapor
w
water
tu
heat transfer tube
ts, st transfer between solution and tube
tr, rt transfer between refrigerant and tube

𝑃
𝑞̇
𝑡
𝑉
𝑣
𝑥
𝜌
gc
ae
g
a
c
e
tf, ft

pressure [kPa]
heat rate [kW]
temperature [℃]
volume [m3]
specific volume [m3×kg-1]
solution concentration
density [kg×m-3]
generator-condenser vessel
absorber-evaporator vessel
generator/generating
absorber/absorbing
condenser/condensing
evaporator/evaporating
transfer between fluid and tube
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ABSTRACT
Heat-driven thermoacoustic refrigerator is promising in harvesting medium-temperature heat energy
due to its remarkable advantages of totally no moving components and environmental friendliness.
In this work, a novel looped heat-driven thermoacoustic refrigeration system for refrigerated trucks
is tested and analyzed. In the experiments, under a heating temperature of 300 °C and an ambient
temperature of 30 °C, a total cooling capacity of 3.58 kW and a coefficient of performance of 0.18
were achieved with a refrigeration temperature of -10 °C. This novel looped heat-driven
thermoacoustic refrigeration system exhibits a potential advantage in the cooling efficiency and
specific power for refrigerated trucks and fishing vehicles.
Key words: thermoacoustic refrigerator; no moving component; environmental friendliness;
refrigerated truck; fishing vehicle

1. INTRODUCTION
Refrigeration is used in all stages of the food chain to slow the physical, microbiological and chemical
activities that cause deterioration in foods (Tassou et al., 2010). Although the vapor compression
cycle is well established in food refrigeration, the rising cost of electricity and pressure to reduce the
environmental impacts and carbon footprint of food production have renewed interest in heat driven
technologies that could bring economic and environmental advantages over the conventional vapor
compression cycle in future. In recent years, directly harnessing the waste heat of exhaust gas in
refrigeration is booming (Xu and Wang, 2018., Zhu et al, 2016), especially for refrigerated trucks and
fishing vehicles. Of which, heat-driven thermoacoustic refrigeration (HD-TAR) might be an effective
approach to exploit the exhaust waste heat of refrigerated trucks and fishing vehicles due to its
advantages of high reliability and compactness. In such a system, a thermoacoustic engine (TAE) is
capable of converting exhaust waste heat to acoustic work and drives a thermoacoustic refrigerator
(TAR) to generate cooling effect without any moving mechanical components. According to the
internal acoustic field characteristics, HD-TARs are typically classified into ‘standing-wave’ (Adeff
and Hofler, 2000) and ‘traveling-wave’ (Ceperley, 1979). The latter has been proved to outperform
the former in the thermal efficiency due to the intrinsic reversibility.
To achieve high-efficiency traveling-wave acoustic field in HD-TARs, some typical structures were
proposed: Luo’s two-looped configuration achieved a total cooling capacity of 435 W and an overall
COP of 0.18 with a temperature drop of 27 °C (Luo et al, 2006), and de Blok’s single-looped
configuration reached a total cooling capacity of 95 W pumping from -45 °C to 25 °C (De Block,
2012). However, they both suffer from acoustic power mismatch between the TAE and the TAR which
brings about essential issues of low specific power and poor thermal efficiency. For the single-looped
HD-TAR with a heating temperature of 200-300 °C and a refrigeration temperature drop of 30-50 °C,
a stage ratio of 1:1 between the TAE and TAR has been proven to be of higher efficiency and power
density theoretically and experimentally (Wang et al, 2018., De Block, 2018). In 2018, de Blok’s
single-looped configuration of two stage TAE driven two stage TAR achieved a total cooling capacity
of 18 kW with a cooing temperature of -10 °C and an ambient temperature of 30 °C (De Block, 2018),
which verifies the huge potential for the single-looped HD-TAR applied in practice. The main obstacle
to use HD-TARs in practice is the relatively low thermal efficiency.
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Based on the analysis of optimal acoustic field affected by cooling temperature (Luo et al, 2019), a
traditional cumbersome resonance tube between the TAE and TAR is no longer required for a room
temperature HD-TAR. A novel looped HD-TAR with a TAE and a TAR direct coupling in each thermalto-cold conversion unit is proposed, designed and investigated. Our preliminary experimental results
have been reported as a short communication article (Wang et al, 2019). In this paper, the novel
looped HD-TAR for food refrigeration applications is calculated and tested. Overall performance
parameters of cooling capacity and COP are investigated under different heating temperature and
refrigeration temperature.

2. ESTABLISHMENT OF THE NOVEL LOOPED HD-TAR SYSTEM
As shown in Figure. 1, the novel looped HD-TAR includes three identical subunits, which consists of
a TAE, a TAR and a resonance tube in sequence. Each TAE comprises an ambient heat exchanger
1, a regenerator 1, a hot heat exchanger and a thermal buffer tube 1. Each TAR comprises an
ambient heat exchanger 2, a regenerator 2, a cold heat exchanger, a thermal buffer tube 2 and a
flow straightener. Main component dimensions of the novel looped HD-TAR are listed in Table 1. All
heat exchangers are of shell-tube type with the tube diameter of 1 mm. The hot heat exchanger is a
key thermoacoustic component capable of absorbing external heating power and the ambient heat
exchanger is used to reject heat to the circulating water, thus a temperature gradient across the
regenerator 1 of the TAE could be established. When this axial temperature gradient exceeds a
critical value, a self-excited thermoacoustic oscillation will occur at the beginning and acoustic power
will be enlarged. Amplified acoustic power is consumed partially in the regenerator 2 of the TAR to
attain cooling capacity and the remaining acoustic power from the resonance tube is recycled into
the next subunit. The length of the tapered compliance tube is extended to 150 mm to suppress the
jet between the ambient heat exchanger 1/thermal buffer tube 2 and resonance tube (Backhaus and
Swift, 2000). In order to place an elastic membrane to suppress the global DC flow, there is a cavity
with a length of 30 mm and a diameter of 110 mm at the entrance of the TAE (Gedeon, 1997).
According to the previous work, a stage number of three is found to be a good tradeoff between
power and efficiency. The following calculations are conducted by the commercial software SAGE
based on the thermodynamic and dynamic equations (Gedeon, 1995). Some parameters are given
to evaluate the performance of the novel looped HD-TAR system. The overall coefficient of
performance (COP) for the looped HD-TAR is defined as
COP = Qc

Qh

Eq. (1)

where Qc and Q h refer to the cooling capacity and heating power, respectively.

Figure 1: The model of the novel looped HD-TAR

TAE

Table 1. Main dimensions of the novel looped HD-TAR (mm)
Component
Inner diameter Length
Other
Ambient heat exchanger 1
102
35
0.18 porosity
Regenerator 1
107
45
120-mesh stainless steel screens
Hot heat exchanger
102
50
0.18 porosity
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Thermal buffer tube 1
110
100
Ambient heat exchanger 2
102
35
0.18 porosity
Regenerator 2
107
35
120-mesh stainless steel screens
Cold heat exchanger
102
35
0.18 porosity
TAR
Thermal buffer tube 2
110
50
Flow straightener
110
5
20-mesh copper screens
Resonance tube
28
3000
As shown in Figure. 2, the experimental apparatus comprises a looped HD-TAR subsystem, a
thermal oil circulating subsystem, three propylene glycol circulating subsystems, a water circulating
subsystem. Hot heat exchangers were heated by the thermal oil and the total heating power was
acquired indirectly through the multiplication of voltage and current. In addition, the Hot heat
exchangers were insulated by the Silicate-aluminum insulation with the thickness of 60 mm to reduce
the heat loss. A calibrated PT100 platinum resistance thermometer was located at the outlet of hot
heat exchangers to measure the heating temperature of the thermal oil. Cold heat exchangers were
heated by the propylene glycol and the cooling capacity was measured by a power meter. Similarly,
cold heat exchangers were insulated by the multi-layer Foam insulation to reduce the cooling
capacity loss. Three calibrated PT100 platinum resistance thermometers were deployed in the
reservoir to measure the local temperature of the propylene glycol. All ambient heat exchangers are
cooled by the water with the temperature of 30 °C. The working gas is helium with a mean pressure
of 10 MPa. Additionally, an elastic membrane was placed in the entrance of Unit 3 to suppress the
global DC flow.

Figure 2: Experimental apparatus of the novel looped HD-TAR system

3. RESULTS AND DISCUSSIONS
To test and analyze performances of the whole system, a series of experiments and calculations
have been carried out. When the heating temperature reached 80 °C, the looped HD-TAR began to
self-excite with a resonance frequency of about 56 Hz. With the rise of heating temperature, the
refrigeration temperature began to drop. When the thermal oil temperature at the outlet of hot heat
exchanges reached 260 °C and 300 °C, the propylene glycol temperature at the entrance of cold
heat exchanges was fixed at 0 °C, -5 °C, -10 °C and -15 °C, respectively. Figure. 3 illustrates
experimental and calculated results of overall cooling capacity under different refrigeration
temperature. When the refrigeration temperature changes from -15 °C to 0 °C, overall cooling
capacity ranges from 2.02 kW to 3.75 kW with a heating temperature of 260 °C and it ranges from
2.95 kW to 4.93 kW with a heating temperature of 300 °C. The COP of the looped HD-TAR under
different refrigeration temperature is presented in Figure. 4. As shown in figure, COP rises with the
increase of the refrigeration temperature and covers a range of 0.15-0.24. Compared with the
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previously reported heat-driven refrigeration technology for refrigerated trucks and fishing vehicles,
the experimental results exhibit certain advantages in COP and cooling capacity. However, a large
deviation of approximately 55% could be readily observed between experimental and calculated
results. One reason might consist in the unaccounted heat loss between the heat transfer fluid and
solid wall in all the heat exchangers. Another reason might lie in the numerical model which
underestimates the cooling capacity loss induced by the complicated flow and heat transfer in the
thermal buffer tube 2. In the near future, multidimensional simulations by using computational fluid
dynamics will be carried out to identify the quantity of the losses and improvement will be made
accordingly.

Figure 3: Experimental and calculated results of
overall cooling capacity under the heating
temperature of 260 °C and 300 °C

Figure 4: Experimental and calculated results of
COP under the heating temperature of 260 °C and
300 °C.

4. CONCLUSIONS
A novel looped HD-TAR system for food refrigeration applications is investigated and analyzed under
different refrigeration temperature. With regard to a typical condition of a heating temperature of
300 °C and an ambient temperature of 30 °C, a total cooling capacity rises from 2.95 kW to 4.93 kW
and a COP ranges from 0.15 to 0.22 when refrigeration temperature change from -15 °C to 0 °C.
Experimental results show a good prospect for food refrigeration applications for recovering waste
heat of refrigerated trucks and fishing vehicles. The reasonable design of the heat exchangers and
thermal buffer tube will be desirable for the improvement of the refrigeration performance in future.
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NOMENCLATURE
COP
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coefficient of performance
heating power (W)

Qc
Tc

cooling capacity (W)
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ABSTRACT
A condensing boiler is unable to effectively recover a large amount of latent heat carried with the
water vapor in the flue gas of natural gas boilers. A heat recovery system combining direct-contact
condensation with liquid desiccant absorption is then proposed in this paper. The water vapor in the
flue gas is partially condensed in the direct-condenser and further absorbed by the liquid desiccant.
A case study of a gas-fired boiler with this heat recovery system shows that the boiler equivalent
thermal efficiency based on the natural gas lower heating value can reach 104.7% when the return
water temperature is 40°C. The relative humidity of the discharged flue gas is only 30%, which avoids
the formation of white smoke. This system also contributes to the mitigation of NOx and CO 2
emissions. A parametric analysis indicates that the lower the return water temperature, the better
the performance of this system.
Keywords: Absorption System, Combined Heat Pump Boiler, Heat Recovery, Liquid Desiccant.

1. INTRODUCTION
Due to increasingly serious environmental problems and haze weather facing China, coal-fired
boilers in district heating are being replaced with gas-fired boilers whose flue gases are relatively
clean. The water vapor content in the flue gas of natural gas boilers is very high and the humidity
ratio of the flue gas can be as high as 120 g·kg-1. A large amount of latent heat is carried with the
water vapor in the flue gas. Thus, there is a great potential for the improvement of the boiler efficiency
and a total heat recovery including latent heat recovery from the flue gas is significant. Besides, flue
gases with high humidity will form white smoke which may facilitate pollutant attachment and
aggravate haze together with NOx emissions. So it would be better if the flue gas can be
dehumidified and the NOx emissions can be mitigated along with heat recovery.
In heating networks, condensing boilers are common boilers with heat recovery using the return
water as the cooling medium to cool the flue gas below its dew point. The heat recovery unit is
usually an indirect-contact heat exchanger where the water vapor in the flue gas is condensed with
the corresponding latent heat released to the return water. When the return water temperature is
41°C, the boiler efficiency could increase from 90.1 to 95.8% after a conventional natural gas boiler
is retrofitted into a condensing boiler (Che et al., 2004). However, the heat recovery of a condensing
boiler is restricted by the return water temperature. When the return water temperature is high and
close to the dew point temperature of the flue gas, which is about 55°C, the water vapor can hardly
be condensed and the heat recovery is then substantially reduced. Thus, heat pumps are usually
applied to this system, producing low-temperature chilled water to recover the latent heat which is
then transported to the return water. Heat pumps are classified as vapor compression heat pumps
and absorption heat pumps. The combined vapor compression heat pump boiler is simple but its
main drawback is the high electric power consumption (Chen et al., 2012). Qu et al. (2014)
experimentally investigated the performance of a natural gas boiler using an absorption heat pump
for heat recovery, showing that the boiler efficiency was improved by 10%. However, the heat
exchangers in these systems are indirect-contact heat exchangers, with low heat transfer capability
and potential corrosion problems. Zhu et al. (2014) combined an absorption heat pump with a directcontact heat exchanger which is a spray tower, where the chilled water produced by the heat pump
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contacts directly with the flue gas. This scheme improved the heat capacity of a gas boiler by nearly
12%. The flue gases of both the condensing boiler and the combined heat pump boiler are
discharged to the atmosphere at saturation, which still forms white smoke. Lazzarin et al. (1992)
proposed a total heat recovery method based on liquid desiccant dehumidification cycle, which was
called open cycle absorption heat pump (OAHP). Unlike the condensing method, the water vapor in
the flue gas is absorbed by the liquid desiccant driven by vapor pressure difference and thus the flue
gas does not need to be cooled below its dew point. Wang et al. (2016) conducted an experiment
on the performance of an open cycle absorption heat pump using lithium bromide aqueous solution
as the liquid desiccant. The results showed that this system outperformed the condensing gas-fired
boilers by 21.2% in heat recovery when the return water temperature is 45°C. However, in this
system, a large amount of water vapor is absorbed solely by the desiccant, increasing the load and
size of the absorber and regenerator. Another drawback of this system might be the contamination
from the flue gas to the liquid desiccant.
Thus, a novel total heat recovery system combining a direct-contact condenser with an open
absorption heat pump based on liquid desiccant will be introduced in this paper. This newly proposed
system uses the direct-contact condenser to share the moisture load with the absorber and can
avoid the contamination to the desiccant as well. The heat recovery of this system will be calculated
based on a typical heating condition. Then, a parametric analysis will be conducted by changing the
temperature of the return water. Economic feasibility and environmental compatibility will also be
analyzed to evaluate the system.

2. SYSTEM DESCRIPTION
Fig. 1 shows the diagram of the proposed flue gas heat recovery system combining direct-contact
condensation with liquid desiccant dehumidification. This heat recovery system mainly consists of a
flue gas direct-contact condenser, an absorber, a regenerator, a steam condenser and two heat
exchangers (HX). The regenerator is a vapor/steam generator, where natural gas is consumed to
heat the desiccant solution so that the water absorbed by the desiccant is evaporated and the
desiccant solution is regenerated/concentrated. The flue gas from the regenerator, together with the
flue gas from the boiler, then flows into the direct-contact condenser. The flue gas condenser is
actually a packed bed tower. The circulating water is sprayed from the top to directly contact with
the flue gas and, due to the high humidity ratio, the water vapor in the flue gas is partially condensed
into the circulating water. After being preliminarily cooled and dehumidified in the condenser, the flue
gas enters the absorber to be further dehumidified. The absorber is also a packed bed tower, where
the relatively cold and concentrated desiccant solution contacts with the flue gas and the water vapor
in the flue gas is further absorbed by the desiccant. Finally, the flue gas is discharged to the
atmosphere at a lower temperature and humidity. After absorbing water vapor, the desiccant solution
is diluted and part of the solution then flows through a three-way valve and enters the regenerator.
The evaporated water vapor in the regenerator flows into the steam condenser, releasing
condensation heat to a branch of the return water. The concentrated solution from the regenerator,
after being mixed with the other part of the diluted solution, flows into a heat exchanger to be cooled
by a branch of the return water before being sprayed into the absorber.
As can be seen, the flue gas condenser shares the vapor absorption load with the absorber, which
significantly reduces the size of the absorber and the regenerator. A little amount of alkali liquor is
added to the circulating water to help absorb CO 2 and soluble NOx, which can not only mitigate the
CO2 and NOx emissions but also avoid their contamination to the liquid desiccant in the absorber.
After recovering the sensible heat and part of latent heat from the flue gas, the circulating water
transfers the heat to a branch of the return water through a HX. The three branches of preheated
return water then converge and enter the boiler to be further heated. Non-condensable gases like
O2 will be carried into the regenerator, causing corrosion problems. As the steam condenser is
connected with the regenerator, the gathering of non-condensable gases may also deteriorate the
condensation performance. Thus, a vacuum pump is used to bleed the gases and the desiccant
solution is concentrated under low pressure, which not only alleviates the corrosion but also lowers
the boiling point of the solution. As the flowrate of the desiccant is large, only part of the desiccant
solution flows through the three-way valve into the regenerator to reduce the heat needed to boil the
desiccant. This will also reduce the gases carried into the regenerator.
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Figure 1: Diagram of the heat recovery system combining direct-contact condensation and desiccant
absorption

3. CASE STUDY
3.1.

Assumptions, Modelling and Input Parameters

All the components of the proposed system are essentially heat exchangers except the flue gas
condenser and the absorber which are packed bed tower. The parameters of the heat exchangers
are calculated based on heat and mass balances and pinch point temperature differences. The pinch
point temperature differences in HXI, HXII and the steam condenser are 5 K, 5 K and 10 K,
respectively. The thermal efficiency of the regenerator is assumed the same as that of the original
boiler which is 92% based on the natural gas lower heating value, with a flue gas temperature of
120°C. The humidity of the flue gas from the regenerator and from the boiler is also equal, which is
calculated according to the model provided in the literature (Zhang and Li, 2019). The outdoor air
temperature and relatively humidity of air are 0°C and 40% in heating seasons. The flue gas
condenser and the absorber are calculated using the finite difference model of adiabatic counterflow packed towers (Factor and Grossman, 1980) with the lithium bromide water solution as the
liquid desiccant. A natural gas boiler with a heating capacity of 7 MW is simulated for floor heating
occasions where the temperatures of the supply and return water are 50°C and 40°C. Other input
parameters are listed in Table 1. A regeneration flowrate ratio of 0.5 means half of the solution from
the absorber enters the regenerator through the three-way valve.
Table 1. Input parameters of the proposed system for simulation

Circulating
Flowrate of each
water flowrate return water branch
13.3 kg·s-1
25.0 kg·s-1
3.2.

Absorber inlet
solution flowrate
8.0 kg·s-1

Absorber inlet solution
concentration
50.0%

Regeneration
flowrate ratio
0.5

Simulation Results

Fig. 2 shows the simulation results of this proposed system. As can be seen, the humidity ratio of
the flue gas is reduced by 56 g·kg-1 in the direct-contact condenser, approximately equal to the
humidity ratio reduction in the absorber which is 50 g·kg-1. This means that the flue gas condenser
shares equally considerable latent heat load compared to the absorber. The temperature of the flue
gas is reduced to 47.8°C after the direct-contact condenser, which benefits the following
dehumidification process in the absorber. The flue gas is ultimately discharged to the atmosphere
with a humidity ratio of only 22 g·kg-1, which means that most of the latent heat carried with the water
vapor is recovered. Besides, the water vapor absorbed by the desiccant is finally transported to the
steam condenser and the distilled water with a flowrate of 0.43 t·h-1 can thus be recovered for boiler
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replenishment. The concentration changes in the desiccant solution are small due to a large flowrate.
The concentration of the solution at the regenerator outlet is 52.4%, far from the crystallization point.
The total natural gas consumption of the whole system is 676 Nm 3·h-1, reduced by about 13.7%
compared with the original boiler which consumes 783 Nm 3·h-1 of natural gas.

Figure 2: Simulation results of the proposed system

3.3.

Environmental Compatibility

Fig. 3 shows the parameters of the flue gas discharged to the atmosphere on a psychrometric chart.
In the chart, O, Y, Z represents the states of the outdoor air, the flue gas after the direct-condenser
and the flue gas after the absorber. As can be seen, if the flue gas is discharged to the atmosphere
after the direct-contact condenser and mixed with the outdoor air around the chimney, the state of
the mixed gas will be on the dashed line which is in the fog zone and white smoke will thus be
formed. In contrast, if the flue gas is discharged after the absorber, the relative humidity of the flue
gas is only 30% and the state of the mixed gas will be on the solid line. In this case, the formation of
white smoke will be avoided with this heat recovery system. Moreover, the NOx and CO2 emissions
are also mitigated due to the alkali liquor additive in the condenser. NOx emissions can be further
mitigated by installing an ozone generator to oxidize the insoluble NO to soluble NOx. With the
condensation of water vapor, the flowrate of the circulating water will increase and the redundant
water needs to be drained periodically. The drainage is neutral or weakly alkaline, which meets the
environmental requirements. Thus, this proposed heat recovery system is environmentally friendly.

Figure 3: Parameters of the flue gas on a psychrometric chart
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4. ECONOMIC FEASIBILITY AND PARAMETRIC ANALYSIS
4.1.

Economic Feasibility

Although the heat recovery of the proposed system is considerable, this system also consumes extra
electric power for pumps and the fan. An equivalent thermal efficiency of the boiler, ηe as shown in
Eq. (1), is then introduced to evaluate this system by taking the electric power into consideration.

(

-1
 e = m wc w T (V1 + V 2 )Q lcv + W p gp

)

-1

Eq. (1)

where mw and cw are the total mass flowrate and the specific heat capacity of the return heating
water, ΔT is the temperature rise of the supply water over the return water, V1 and V2 are the
consumed standard volume of natural gas in the boiler and the regenerator, Qlcv is the lower heating
value of natural gas (35 MJ per standard cubic meter), Wp is the total extra electric power consumed
by the pumps and the fan, ηgp is the power efficiency of gas-fired generators which is 38% (Wen et
al., 2018). Since the thermal efficiency is based on the lower heating value of natural gas instead of
the higher heating value, the thermal efficiency can theoretically exceed 100%.The extra electric
power consumption of the pumps and the fan in this system are estimated in Table 2. The equivalent
thermal efficiency of the boiler is 104.7% when the return water temperature is 40°C, which is much
higher than that of the original boiler (92%).
Circulating
water pump
1.1

Table 2. Extra electric power consumption of the pumps and the fan (kW)

Solution pump
before absorber
2.2

Solution pump
after absorber
1.1

Return water
pump
30

Vacuum pump

Fan

1.5

7.5

All components are made of stainless steel to avoid corrosion. The heat exchanger area and the
area of the packing in the flue gas condenser and absorber are listed in Table 3, according to which
the costs of the main components are estimated. The specific surface area of the packing is 250
m2·m -3. The regenerator is a steam boiler with a heating capacity of about 0.5 MW and costs
CNY300000 which is relatively expensive due to the stainless steel materials. Thus, the equipment
investment totals about CNY477000. For a natural gas price of CNY2.28 per standard volume and
an electricity price of CNY0.8 per kilowatt hour, the heat recovery system can save CNY208.5 per
hour. If the boiler continuously operates at full load, the payback period is 2288 hours which is just
over one year (one heating season). Therefore, the proposed system is energy-efficient and its
economic feasibility can be ensured.
Table 3. Heat exchange area (m2) and costs (CNY) of the main components

Area
Cost
4.2.

HXI
23
19000

HXII
23
19000

Steam condenser
13
11000

Flue gas condenser
820
64000

Absorber
820
64000

Parametric Analysis

The return water temperature is a key parameter that influences the performance of heat recovery
systems. For floor heating networks, the return water temperature typically ranges from 35 to 45°C.
Fig. 4a shows that with increasing return water temperature, the humidity ratio of the discharged flue
gas increases and the boiler equivalent thermal efficiency decreases. The thermal efficiency based
on natural gas lower heating value increases from 103.0 to 105.8% when the return water
temperature decreases from 45 to 35°C. Fig. 4b shows that the humidity ratio reduction in the directcontact condenser increases with decreasing return water temperature since more water vapor is
condensed in the condenser for lower return water temperatures. Therefore, a lower return water
temperature is better for the system energy efficiency, and the direct-contact condenser will play a
more important role in the case of low return water temperature.
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(a)

(b)

Figure 4: Parametric analyses of the heat recovery system with the variation of return water
temperature

5. CONCLUSIONS
A flue gas heat recovery system combining a direct-contact condenser with a liquid desiccant
absorption cycle is proposed in this paper. The thermal efficiency of the boiler with this heat recovery
system ranges between 103.0 to 105.8% in typical floor heating conditions. The relative humidity of
the discharged flue gas is so low that the formation of white smoke is avoided. Besides, NOx and
CO2 emissions can also be mitigated. This system is energy-efficient and environmentally friendly
and thus its application is promising.
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ABSTRACT
Ammonia-water absorption-resorption heat pump (ARHP) is a promising technology for efficient
use of low-temperature heat for space heating. In this paper, a two-stage balanced ARHP cycle
with multiple internal heat recovery is proposed. The objective of this work is to study performance
of the novel cycle and stress utilization of low-temperature solar heat for space heating. A
mathematical model is built to obtain COP values, heat supply temperature, heat inputs/outputs
and solution circulation ratios at different feasible high pressure/medium pressure/low pressure
(PH/PM/PL) values. The results showed that the maximum COP of 1.37 and heat supply
temperature of 46.1 oC can be obtained when P H/PM/PL is 1.75/1.10/0.375 MPa under given
working conditions. Minimum ambient temperature and heat source temperature to drive the cycle
are -17.4 oC and 77 oC, respectively, highlighting the potential of integrating the cycle with
commonly used non-tracking solar collectors for space heating.
Keywords: Ammonia-Water, Two-Stage Absorption-Resorption, Heat Recovery, Space Heating.

1. INTRODUCTION
Winter space heating and domestic hot water supply of buildings consumes an essential part of the
primary energy in northern China. Heat pumps show great advantages over conventional heating
and domestic hot water supply systems which directly or indirectly depend on fossil fuel
combustion at low energy conversion efficiency and can help alleviate the severe hazy weathers in
northern China caused by coal-dominated energy structure.
Compared to vapor compression heat pumps (VCHPs), thermally activated absorption heat pumps
(AHPs) gain popularity in space heating and hot water supply by the ability to be integrated with
diverse heat sources, such as gas combustion (Dai et al., 2018), solar energy (Shirazi et al., 2018),
biomass energy (Gironès et al., 2018) and waste heat (Kalinowski et al., 2009). However, the heat
source temperature demand for conventional AHPs and GAX-based ones are much high (above
120 oC), which limits its integration with commonly used non-tracking solar collectors (Dai et al.,
2018; Gomez et al., 2008). In order to extend solar contribution, many researches have attempted
to lower the heat source temperature demand of AHPs. The cut-in point is to improve the internal
cycle based on conventional AHP cycles.
An absorption-resorption heat pump (ARHP) cycle can be built by substituting the condenser and
evaporator in an AHP cycle with a high-pressure absorber and a low-pressure generator,
respectively. Baehr (1981) investigated the utilization of the ARHP for building heating aiming to
reduce the relatively high condenser pressure and pressure-ratio. It was pointed out that the
advantage of having lower condenser-pressures than the conventional AHP cycle must be
inevitably paid for with lower COP values. Du et al. (1991 and 1993) theoretically and
experimentally investigated an ammonia-water ARHP system for hot water supply which was
equipped with two solution pumps and the heat source temperature is up to 150 oC. Jia et al. (2018)
theoretically developed a single-stage ARHP cycle with internal heat recovery for building floor
heating purpose, which could be driven by solar heat of above 85 oC provided by mass-produced
compound parabolic collectors (CPCs) or evacuated tube collectors (ETCs). The cycle could work
when the ambient temperature is over -7.5 oC. Jia et al. (2019) further proposed an improved
solar-assisted dephlegmator-free single-stage ARHP cycle which implements the internal solution
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circulation depending on only one solution pump. The cycle could be operated when solar heat
temperature is over 82 oC and ambient air temperature is above -5.8 oC.
Although the aforementioned ARHP cycles can be driven by low-temperature solar heat to some
extent, the heat supply temperature is not high enough to meet the requirement of various types of
heating terminals. Moreover, the low ambient temperature adaptability is not enough to meet the
heating needs in cold regions below -10 oC.

2. CYCLE DEVELOPMENT AND ANALYSIS
2.1.

Two-Stage ARHP Cycle

This paper seeks to develop a novel two-stage ARHP cycle to further reduce the heat source
demand, to enhance the low ambient temperature adaptability and simultaneously raise the heat
supply temperature based on the single-stage ARHP cycle (Jia et al.,2019).
2.1.1. Cycle development
As shown in Figure 1, the two-stage ARHP cycle can be developed based on the single-stage
cycle by lifting PH or reducing PL or both simultaneously. A medium-pressure part composed of a
generator and an absorber is added. The medium-pressure generator (MPG) is expected to be
driven by solar heat of the same temperature level as that for the high-pressure generator (HPG).
The medium-pressure absorber (MPA) can release more absorption heat which contributes to
lifting the heating capacity. Larger pressure drop from PH to PL during the throttling process helps
reduce temperature of the stream entering the low-pressure generator (LPG), thus enhancing the
low ambient temperature adaptability. Larger temperature of solution flowing out of the highpressure absorber (HPA) in the two-stage ARHP cycle contributes to higher heat supply
temperature. Moreover, temperature overlap between the MPG and low-pressure absorber (LPA)
provides the possibility to extract some of the absorption heat to the generator within the cycle by
heat exchangers which therefore leads to a higher COP (Jawahar et al., 2010).
lnP

lnP

Single-stage ARHP cycle (Jia et al., 2019)
Qhpg
Qhpa

PH

Qhpa

PH

HPG

HPA

 PH

HPA

SHX
Qmpg

HPG
SHX

Qmpa

PM

PL

Qhpg

GAX-based two-stage ARHP cycle

LPG1

MPG

LPA
LPG2

Qlpg1

MPA

Qlpa

 PL
PL

LPG1
LPG2
Qlpg1

Qwca

SCA

WCA
LPA

−1 / T

Heat Recovery
Solar Thermal
Ammonia vapor
−1 / T

Figure 1: Development of two-stage ARHP cycle based on the single-stage cycle (Jia et al., 2019)

2.1.2. Detailed cycle description
The detailed schematic diagram of the novel two-stage ARHP cycle is depicted in Figure 2. The
cycle consists of HPG, HPA, MPG, MPA, LPG, LPA, solution heat exchanger (SHX), vaporsolution heat exchanger (VSHX), solution mixing tank (SMT), solution mixing/separation tank
(SMST), solution separation tank (SST), three throttle valves (TV1, TV2 and TV3) and two solution
circulation pumps (SP1 and SP2). Multiple internal heat recovery can be achieved in LPG2, HPG,
MPG, SCA and SHX. To functionally distinguish different heat sources for the low-pressure
generation process, LPG is divided into two parts: LPG1 extracting heat (Q lpg1) from ambient air
and LPG2 recovering heat (Qlpg2) from HPA outlet warm solution. In HPG and MPG, heat of the
outlet solutions can be recovered to preheat the inlet solutions by heat recovery coils arranged
inside. LPA can also be divided into two parts: solution-cooled absorber (SCA) which recovers part
of low-pressure absorption heat to preheat the pump outlet solution, and water-cooled absorber
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(WCA) which delivers the remaining absorption heat to the return/supply water stream. The cycle
contains three inner sub-cycles and ammonia-water is employed as the working pair.
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Figure 2: Schematic diagram of the proposed two-stage ARHP cycle

2.2.

Mathematical Model

2.2.1.
Assumptions
The thermodynamic properties of ammonia-water solutions and vapour streams are obtained by
REFPROP 9.1 (2013). The following assumptions were made to simplify the calculation process.
(1) The system runs in a steady state and pressure drops along the pipes are neglected;
(2) Power inputs of solution pumps are negligible compared to heat inputs of generators and heat
outputs of absorbers.
(3) The depressurizing processes in throttle valves are isenthalpic.
(4) The solutions out from SCA, WCA, LPG1, LPG2, MPA, MPG, HPA and HPG are all saturated.
(5) Vapor out at outlet of LPG, MPG and HPG are all saturated.
2.2.2. Thermodynamic model of cycle components
All the components can be analysed based on mass, energy and species (NH3) mass conservation
equations, which are separately given as follows (Han et al., 2017):

m
i

in

−  mout = 0

(m
i

in

Eq. (1)

i

 xin ) −  ( mout  xout )= 0

Eq. (2)

i


 
 

  ( min  hin ) −  ( mout  hout )  +   Qin −  Qout  +  Win − Wout  = 0
i
i
i
 i
  i
  i


Eq. (3)

Coefficient of performance (COP) is adopted to evaluate the cycle performance, given by
COP =

Qhpa + Qmpa + Qwca
Qhpg + Qmpg

Eq. (4)

2.2.3. Model validation
When PH equals to PL in the proposed two-stage ARHP cycle, it turns into a single-stage ARHP
cycle. To validate the simulation model, the results in this paper have been compared to the
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simulation results presented in the literatures in Table 1. It can be found that the results in this
paper were perfectly consistent with those in the literatures.
Table 1. Validation of the mathematical model

PH/PM/PL (MPa)
1.50/1.50/0.35
1.40/1.40/0.32
1.50/1.50/0.35
2.3.

T1/T10/T16/T21/T24 (oC) COP in this work
145/45/55/55/15
90/35/40/40/0
90/35/40/40/0

1.295
1.200
1.282

COP in Refs.
1.270 (Du et al., 1991)
1.228 (Jia et al., 2018)
1.305 (Jia et al., 2019)

Relative
deviation
2.95%
2.28%
1.76%

Performance Analysis

In this paper, a case was investigated to seek the proper path to develop two-stage ARHP cycle
based on the single-stage ARHP cycle. The case can be described as: If PH values of the singleand two-stage ARHP cycle are equal, PL and temperature of stream at LPG1 inlet of the two-stage
cycle can be lower than those of the single-stage cycle (by ∆PL and ∆Ta, respectively), making it
possible for the proposed cycle to work at lower ambient air temperatures, as shown in Figure 3.
P

Single-stage ARHP cycle (Jia et al., 2019)
Two-stage ARHP cycle in this paper

PHT ( PHS )

PMT

PLT
PL

PLS
Ta
Tlpg1_in Tlpg1_in

Thpg_out T

Figure 3: Comparison between the single-stage and the two-stage ARHP cycle in P-T diagram

The initial working conditions are given in Table 2.
Table 2. Initial working conditions

Working Conditions
Ambient air temperature
Temperature of return water (29)

Value (oC)
5
30

Temperature of solution (10) out from LPA
Temperature of solution (16) out from MPA
Temperature of solution (21) out from LPA
Temperature of solution (1) out from HPG
Temperature of solution (6) out from MPG

35
40
45
90
90

Cold end temperature difference of SHX

5

2.3.1. Feasible design combination of PH/PL
Based on the working conditions given in Table 2, feasible P H/PL combination set to enable the
cycle is obtained, as the shaded area shows in Figure 4. It can be seen that the feasible PH values
are restricted in the range from 1.50 MPa to 1.75 MPa. For each PH value within this range, there
exist corresponding and certain PL ranges to effect the cycle. The feasible PL range becomes
narrower with the increasing of PH value. It is because that higher PH values result in larger
concentration of outlet solutions from HPG and HPA (solution (1) and (21)), which flows into low pressure side and ultimately allows the LPG and LPA to work in a wider PL range. It should be
pointed out that the feasible PH/PL pair area varies when working conditions change.
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Figure 4: Feasible PH/PL range to effect the proposed cycle in the studied case

2.3.2.

Effect of PH/PL on PM range and COP
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Figure 5: Feasible PM ranges and the corresponding COP values

Based on the feasible PH/PL pair area illustrated in Figure 4, effect of PH/PL pair values on feasible
PM range and that of PH/PM/PL combination on the cycle COP are studied, as shown in Figure 5. It
can be seen that for given PH/PL value, there exists a certain PM range and COP varies with the
changing of PH/PM/PL combination value. For most cases, COP firstly increases with the increasing
of PM value and then decreases, so maximum COP values and optimum PM values can be found. It
is also obvious from Figure 5 that for given PH value, optimum PM value ascends with the
increasing of PL value while the maximum COP value firstly increases and then decreases with the
increasing of PL value. Therefore, there exist global optimum COP and PH/PM/PL values for the
studied case, which are 1.37 and 1.75/1.10/0.375 MPa, respectively.
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2.3.3. Heat supply temperature
Figure 6 describes the variation of the heat supply temperature (Ths) with PH/PM/PL combination
values. Restricted by the minimum heat transfer temperature difference of cycle internal heat
exchange components, return/supply temperature lift in WCA are set as 5 oC. Ths depends on both
the ratio of Qmpa and Qwca and the ratio of Qhpa and Qwca. It can be seen that for given PH/PL value,
Ths decreases with the increasing of PM within its range. It is because that higher P M value
enhances the absorption process in MPA while simultaneously weakens that in HPA. In other
words, with the increasing of PM value, the ratio of Qmpa and Qwca increases while the ratio of Qhpa
and Qwca decreases. The above two effects are contradictory when it comes to T hs, and the
integrated results is that Ths decreases with the increasing of PM value. It is obvious that for given
PH/PM, Ths ascends with the increasing of PH value. The reason is that when PH value increases,
solution flowing out of HPA becomes stronger and more refrigerant vapor can be absorbed in HPA,
resulting in more absorption heat output and larger ratio of Q hpa and Qwca. Therefore, Ths increases
accordingly.
For the studied case, the maximum Ths (Ths,max) under given working conditions reaches 49.8 oC
when PH/PM/PL is 1.75/1.20/0.415 MPa, where the COP is 1.23, which can basically meet the
temperature demand of fan coil heating. When the cycle is operated at its maximum COP of 1.37,
Ths can still reach 46.1 oC, which can meet the temperature demand of building floor heating.
Besides, it is obvious from Figure 6 that, most of Ths values corresponding to feasible P H/PM/PL
values are above 40 oC. In other words, the case is especially suitable for building floor heating.
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Figure 6: Heat supply temperature versus PH/PM /PL combination

2.3.4. Minimum ambient air temperature
Minimum ambient air temperature (Ta,min) to enable the cycle was investigated to validate the
greater low ambient air temperature adaptability of the novel cycle than the single-stage cycle, as
shown in Figure 7. For different PH/PM/PL values, there exists an exact Ta, min value to enable the
cycle, and for given PH value, Ta,min ascends with the increasing of PL value. For the studied case,
Ta, min can be low to -17.4 oC, indicating that the two-stage cycle has greater low-temperature
adaptability than the single-stage cycle for which Ta, min is -5.8 oC (Jia et al., 2019).
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Figure 7: Minimum ambient air temperature versus PH/PM /PL combination

2.3.5. Heat source temperature demand
Heat source temperature (Th) level was calculated to validate the possibility of integrating more
economical stationary solar collectors with the proposed cycle for space heating, as illustrated in
Figure 8. It can be seen that for given PH/PL value, when Th is low, COP directly increases with the
increasing of PM. When Th gets larger than 81 oC here, COP turns to firstly increase and then
descend with the increasing of P M. When Th gets larger than 85 oC, COP becomes to directly
decline with the increasing of PM. For the studied case, the minimum heat source temperature to
drive the cycle is 77 oC, indicating that the two-stage cycle further lowers the heat source
temperature demand based on the single-stage cycle for which Th,min is 82 oC under the same
working conditions. The two-stage cycle can contribute to enhancing solar fraction and working
time when ARHPs are integrated with economical stationary solar collectors for space heating.
Moreover, the cycle COP can be up to 1.40 when the heat source temperature gets above 100 oC.
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Figure 8: Effect of heat source temperature (Th) on COP

3. CONCLUSIONS
This paper proposes and theoretically investigates a novel two-stage ARHP cycle with multiple
internal heat recovery for space heating at lower ambient temperatures. The main results are:
(1) The feasible high pressure range for the studied case is 1.50~1.75 MPa. For each PH value
within the range, there exists a certain corresponding PL range, and each PH/PL value corresponds
to a certain PM range to enable the novel cycle.
(2) For the studied case, the cycle has the highest COP of 1.37 where the heat supply temperature
can reach 46.1 oC and can meet the temperature demand of building floor heating.
(3) Minimum ambient temperature for the cycle is -17.4 oC, indicating that the two-stage cycle has
greater low temperature adaptability than the single-stage cycle under the same working
conditions.
(4) Heat source temperature demand of the novel cycle is above 77 oC, meaning that the twostage cycle could work within a wider heat source temperature range than the conventional AHP
cycle and the single-stage ARHP cycle.
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NOMENCLATURE
AHP
CPC
HPA
LPA
MPA
SCA
SMT
VCHP
h
P
T
x

absorption heat pump
compound parabolic collector
high pressure absorber
low pressure absorber
medium pressure absorber
solution-cooled absorber
solution mixing tank
vapor compression heat pump
specific enthalpy (kJ/kg)
pressure (MPa)
temperature (oC/K)
solution concentration (kg/kg)

ARHP
ETC
HPG
LPG
MPG
SHX
WCA
VSHX
m
Q
W

absorption-resorption heat pump
evacuated tube collector
high pressure generator
Low pressure generator
medium pressure generator
solution heat exchanger
water-cooled absorber
vapor-solution heat exchanger
mass flow rate (kg/s)
heat transfer rate (kW)
work (kW)
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ABSTRACT
Refrigerant mixtures are regarded as potential alternatives in the field of air conditioning and heat
pumps because rare pure refrigerants can totally meet all the requirements of environmental,
thermodynamic and safety properties. Meanwhile, as an effective means, vapour injected system is
widely applied to improve the system performance of heat pump under large compression ratio,
especially the intermediate heat exchanger system for refrigerant mixtures.
However, with regard to this potential system, it is still lack of further analysis, especially the exergy
analysis. In this study, the exergy destruction method is applied to analyse quantitatively temperature
matching degree of heat exchangers and system performance. Meanwhile, multiple working
conditions are covered in analysis.
Keywords: Refrigerant Mixtures, Vapour Injection, Exergy Destruction, Intermediate Heat
Exchanger.

1. INTRODUCTION
Influenced by ozone depletion and global warming crisis, most of refrigerants are being phased down
owing to their high GWP. While according to the latest authoritative research (Mclinden et al., 2017),
none refrigerant that can accomplish all requirements at the same time, and the mixed refrigerants
provide more flexibility in searching for new alternatives. So refrigerant mixtures are required.
At the same time, the key issue in the heat pump system that has been focused but still needs to be
addressed is the poor performance under large pressure ratio. Gas injected system is widely
considered as a good solution to this problem (Xu et al., 2011) because it can increase the heating
capacity and improve the system energy efficiency at low ambient temperature. Ma et al. (2003)
analysed the performance of improved gas injected system under different condensing and
evaporating temperature, it was founded that this technology can help system run smoothly for a
long time when the ambient temperature was near -15°C and exhibited larger COP than conventional
heat pump system. There are also some researchers concentrated in the gas injected system with
refrigerant mixtures. Jung et al. (1999) simulated the multi-stage heat pumps with a heat exchanger
economizer. R22/R142b/R134a, R32/R134a, R125/R134a mixtures were studied. The results
indicated that the three-stage heat pump is up to 27.3% more energy efficient than the conventional
single-stage with pure refrigerant. D’Angelo et al. (2016) presented a performance evaluation of a
gas injected refrigeration system using R290/R600a. The results showed that the maximum COP
was obtained for a mixture containing 40 wt% R290 and the COP was enhanced 16–32% by gas
injection. Our previous study (Wang et al., 2018) analysed the vapour injected system with
R32/R1234ze(E) mixtures and found that the system with intermediate heat exchanger (IHX) is
better than flash tank system.
However, with regard to this potential system, it is still lack of further analysis, especially the exergy
analysis. In this research, R32/R1234ze(E) mixtures are chosen as typical refrigerant pairs for its
great potential in the future, the exergy destruction method is applied to evaluate the temperature
matching degree and analyse the exergy destruction of each component and their relation between
it and the energy efficiency of IHX vapour injection system. Meanwhile, four different evaluation
working conditions are taken into account to illustrate the effect of working conditions.
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2. METHODOLOGY
A vapour injected heat pump with IHX are modelled in this section. To make the results comparable,
the parameters of the condenser, evaporator and compressor are kept same. In order to simplify the
simulation properly, the following assumptions are made:
• The superheated degree of at the evaporator outlet is fixed as 5K and the subcooling degree at
the condenser outlet is fixed as 3K;
• The vapour at the injection outlet is saturated.
• The difference between the charged composition and circulation composition in condenser is
neglected.
2.1.

Working Conditions

Working conditions are essential factors affecting the performance of the zeotropic two-stage
compression system. In this research, the constant refrigerant parameters working conditions and
constant outer fluid parameters working conditions both are considered. The detailed descriptions
are listed in Table 1. In the constant refrigerant parameters working conditions, three different
definitions of evaporating and condensing temperatures are discussed separately. Among constant
outer fluid parameters working conditions, the inlet temperature and the mass flowrate at the
evaporator and the condenser are both fixed in condition 1; the inlet and the outlet temperature at
the evaporator and the condenser as well as heating capacity are both fixed in condition 2; on the
basis of condition 2, the compression process is assumed to be isentropic compression to avoid
possible effects of unreasonable compressor designs for different refrigerants.
Working
conditions
1
2
3
4

2.2.

Table 1. Working conditions

Descriptions
Mode1
Mode2
Mode3
Te,dew = -10°C; Tc,bub = 45°C Te,bub = -10°C; Tc,dew = 45°C Te,ave = -10°C; Tc,ave = 45°C
Tw,c,in = 40°C; THTF,e,in = 0°C; mw,c,in = 0.55kg/s; mHTF,e,in = 0.7kg/s
Tw,c,in = 40°C; Tw,c,out = 45°C; THTF,e,in = 0°C; THTF,e,out = -5°C; Q = 10kW
Tw,c,in=40°C; Tw,c,out=45°C; THTF,e,in=0°C; THTF,e,out=-5°C; Q=10kW
(Isentropic compression)

Model

The REFPROP 9.1 (Lemmon et al., 2013) are linked to calculate the thermodynamic properties of
the refrigerants. The mixing model (Kunz and Wagner, 2012) applicable for R32 and R1234ze(E)
mixtures is adopted.
Scroll compressor is adopted in this research. In our previous study, a detailed compressor model
suitable for vapour injection system using refrigerant mixtures has been developed (Wang et al.,
2018), the configuration parameters of the system used in simulations are shown in Table 2.
Table 2. Scroll compressor configuration parameters

.

Base circle
radius
(mm)

Thickness
of scroll
(mm)

Height of
scroll
(mm)

Cycles of
scroll

Injection
port position
(°)

Injection
port area
(mm2)

2.70

3.68

35.7

2.79

0

50.27

Table 3. Heat exchangers configuration parameters

Length
(mm)
Evaporator
Condenser

6200
6200

Inside
diameter of
outer tube
(mm)
37
42.6

Inside
diameter of
outer tube
(mm)
9.52
9.52

Inside
diameter of
inner tube
(mm)
8.72
8.72
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A distributed parameter model of double pipe heat exchanger is adopted to simulate the heat
exchange process accurately. In the calculation for each section, local properties such as the
compositions, specific heat, coefficient of viscosity, and heat conductivity coefficient are adopted,
and on basis of these properties the overall heat transfer coefficient in every section is calculated.
Moreover, the heating transfer fluids in evaporator side is a mixture of 40: 60% (by volume) of
ethylene glycol and water.
2.3.

Estimation Parameter

The relevant parameters of the first law of thermodynamics are listed as follows:

Qc = mr ⋅ ( hcon,in − hcon,out )
Q
COP = c
W

Eq. (1)
Eq. (2)

The traditional component exergy destruction parameters, such as compressor exergy destruction
Exd,com, first and second throttling exergy destruction Exd,thro,fir and Exd,thro,sec are calculated according
to Ahamed et al. (2011).
In this research, temperature matching degree is taken into account. Actually as the most remarkable
feature and significant potential of refrigerant mixtures, temperature matching degree was mentioned
in the previous study but lack of further and quantitative analysis. With respect to the quantitative
description of temperature matching degree, Jin et al. (2011) evaluated the temperature matching
degree with temperature difference variance during heat exchange and screened optimal refrigerant
mixtures. This method can clearly descript quantitatively the temperature matching degree but was
difficult to link it with energy efficiency directly. Recently, Zühlsdorf et al. (2018) descript the
temperature matching degree with exergy destruction. In their study, exergy destruction was divided
into two parts, the exergy destruction caused by finite heat transfer area and un-matching process
during heat exchanger. Owing to the tight link between exergy and energy efficiency, this method is
expected to be further applied in the system analysis using refrigerant mixtures. So this method is
applied in this research. As mentioned above, exergy destruction Exd at evaporator, condenser and
IHX are both divided to two parts, the exergy destruction caused by finite heat transfer area Exd,pinch
and un-matching process during heat exchanger Exd,unmatch. The un-matching degree αunmatch is
defined as the ratio of Exd,unmatch and Exd. Taking the evaporator as an example to represent all heat
exchangers, the above definition are listed as follows:
⎛ 1
1 ⎞
Exd ,e = ∫ T0 ⎜
−
Eq. (3)
⎟⎟dQ
⎜T
⎝ r ,e THTF ,e ⎠
⎛
1
1 ⎞
Exd ,e, pinch = ∫ T0 ⎜
−
⎟⎟dQ
⎜T
⎝ HTF ,e − ΔTpinch,e THTF ,e ⎠
⎛ 1
⎞
1
Exd ,e,unmatch = ∫ T0 ⎜
−
⎟⎟dQ
⎜T
⎝ r ,e THTF ,e − ΔTpinch,e ⎠

α unmatch,e =

Eq. (4)
Eq. (5)

Exd ,e,unmatch

Eq. (6)
Exd ,e
where, T0 is the reference temperature, which is defined as the ambient temperature 313.15K,
ΔTpinch,e is the pinch temperature difference during heat transfer process.
In addition, the exergy efficiency is defined as follows:
Ex + Exd ,c + Exd , IHX + Exd ,com + Exd ,thro, fir + Exd ,thro,sec
Eq. (7)
ηex = 1 − d ,e
W

3. RESULTS
In this section, one constant refrigerant parameters and three constant outer fluid parameters
working conditions are both covered in the exergy analysis. In order better illustrate the system
performance and the temperature matching relationship, the whole composition range of
R32/R1234ze(E) mixtures is considered, the molar fraction of R32 changes from 0 to 100% in
increments of 10%.
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3.1.

Thermodynamic Performance

Figure 1: Heating capacity and COP

In this performance analysis, though the same evaporating and condensing temperature is fixed,
according to Table 1, three definition modes are involved. From Fig. 1, it can be seen that the heating
capacity of each modes increase with the increase of R32 concentration, which is caused by its
larger latent heat of R32. Then it is illustrated that the COP changing trend varies from different
operating modes. In mode 1, evaporating dew temperature and condensing bubble temperature are
fixed, with the addition of R32, the temperature glide at evaporator and condenser increase firstly
and then decrease, which causes the average evaporating temperature decreasing firstly and then
increasing, there is a completely opposite trend at the condenser simultaneously. So in this mode,
the system COP decreases firstly and then increases. On the contrary, the definition of evaporating
bubble temperature and condensing dew temperature in mode 2 results in different changing trend
of average evaporating and condensing temperature and opposite COP changing trend. In mode 3,
the definition of average evaporating and condensing temperature brings the possibility of multiple
COP changes, which is just one of them.
3.2.

Fixed Inlet Temperature and Mass Flowrate of HTF and Water

This working condition is a common operating condition. The heating capacity, COP and exergy
efficiency are listed in Fig. 2(a), it can be seen that heating capacity also increase with R32
concentration increases, while COP decreases, which is mainly caused by larger adiabatic index of
R32 and illustrated in our previous study (Wang et al., 2018). It is also notable that the exergy
efficiency is consistent with the COP trend, which illustrate that the following exergy estimating
method of heat transfer matching degree can be closely linked with system energy efficiency. The
whole exergy destruction in condenser, evaporator and IHX and un-matching degree in each heat
exchanger are obtained in Fig. 2(b), firstly it can be seen that the exergy destruction in IHX is small
compared with evaporator and condenser, then the un-matching degree in the three heat exchanger
is analysed respectively. For evaporator, using pure refrigerant brings smaller un-matching degree,
which is caused by small setting HTF temperature difference. The matching degree trend in
condenser is a little complex because another superheating region affects the matching relationship
in condenser. For IHX, using refrigerant mixtures brings better temperature matching degree, when
the R32 molar concentration is 0.3, the un-matching degree is smallest. At the same time, it is notable
that the temperature matching is difficult to reach simultaneously for all the heat exchanger in the
system, then due to the higher capacity with R32 in three heat exchangers, the whole exergy
destruction in three heat exchangers increases with more R32.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4878

(b) Exergy destruction and un-matching
degree in heat exchanger
Figure 2: Heating capacity, COP and exergy parameters in working condition 2

(a) Heating capacity, COP and exergy efficiency

3.3.

Fixed Inlet and Outlet Temperature and Heating Capacity

(a) Heating capacity, COP and exergy efficiency

(b) Exergy destruction and un-matching
degree in heat exchanger

(c) Exergy destruction of each component
Figure 3: Heating capacity, COP and exergy parameters in working condition 3

Actually this is another common working condition. The heating capacity, COP and exergy
parameters are listed in Fig. 3. Compared with working condition 2, the whole trend of COP, the unmatching degree in evaporator and IHX do not varies much. While the un-matching degree in
condenser does not change apparently from 40%~100%, because lower compressor frequency for
higher R32 concentration brings relatively lower compression efficiency and larger superheated
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region, this region enhance the un-matching degree on the basis of working condition 2. On the other
hand, it can be obtained that, different from working condition 2, the exergy destruction in evaporator
increases firstly and then decrease, that in IHX decreases firstly and then increases, which is closely
linked with the un-matching degree under the same capacity. While for the condenser, the exergy
destruction still increases with more R32, which is probably caused by larger pinch exergy
destruction. In Figure 3(c), the exergy destruction of each component are analysed, it can be
obtained that for each refrigerant composition, the exergy destruction of compressor is dominant.
Moreover, the ratio of compressor destruction increases with more R32, which causes the lower
exergy efficiency and COP.
3.4.

Fixed Inlet and Outlet Temperature and Heating Capacity (Isentropic Compression)

On the basis of analysis to working condition 3, it can be seen that compressor is a decisive influence
factor. However the compressor and the corresponding operating frequency may not be the most
suitable for that composition. So in this working condition, the compression process is assumed to
be isentropic compared with working condition 3.

(a) Heating capacity, COP and exergy efficiency

(b) Exergy destruction and un-matching
degree in heat exchanger

(c) Exergy destruction of each component
Figure 4: Heating capacity, COP and exergy parameters in working condition 3

Firstly it can be found that the COP and exergy efficiency do not changes regularly as the above two
working conditions. With the R32 increasing, COP decreases firstly and then increases, lastly
decreases. As for the exergy destruction and un-matching degree in heat exchanger, the unmatching degree is similar with working condition 2 as illustrated before, while the exergy destruction
is strongly connected with the un-matching degree with the same capacity. Moreover, it can be drawn
from Fig. 4(c) that the whole exergy destruction has not been increased with R32 increasing, rather
influenced by the exergy destruction in heat exchanger and corresponding temperature matching
degree. In that case, the exergy destruction in evaporator is dominant.
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4. CONCLUSIONS
Based on a comprehensive model of vapour injection heat pump with IHX using R32/R1234ze(E),
the exergy destruction method is applied to analyse the quantitative temperature matching degree
of evaporator, condenser and IHX and corresponding effect on total exergy destruction and system
performance. Meanwhile, one thermodynamic working condition and three actual operating working
conditions are compared and covered to better realize the temperature matching degree. The main
research conclusions are as follows:
• Compared with evaporator and condenser, the exergy destruction in IHX is relatively smaller
and its matching degree is hard to affect the performance;
• It is hard to reach temperature matching simultaneously in three heat exchanger in IHX vapour
injection system. 30% R32 is the best temperature matching for IHX, 100% for evaporator and
0% for condenser under fixed inlet temperature and mass flowrate of HTF and water;
• Compressor is a dominant exergy destruction component, which will directly influence the
assessment of exergy efficiency
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NOMENCLATURE
Qc
T
W
e
com
fir
ηex
COP
IHX

heating capacity (kW)
temperature (K)
power consumption (kW)
evaporator
compressor
first
exergy efficiency
coefficient of performance
intermediate heat exchanger

Exd
T0

exergy destruction (kW)
reference temperature (K)

c
thro
sec

condenser
throttle
second

HTF

heat transfer fluid
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ABSTRACT
Short-term latent heat thermal energy storage (LHTES) can be integrated in building heating
systems for performing load shifting from on- to off-peak hours. In this study, the coupling
effects of LHTES integration in heat pump heating systems are investigated for a multi-family
building in Stockholm. As the reference heat pump provides heat in two separate heat
exchangers, a de-superheater for domestic hot water and a condenser for space heating, two
configurations for LHTES integration with the two respective heat exchangers are compared
using a quasi-stationary mathematic system model. The performances of the two integrating
configurations are also compared with the basic heat pump heating scenario (no heat storage)
regarding the total electricity consumption, the seasonal performance factor (SPF), and the
electric bills for end-users over a selected heating-season week. The simulation results reveal
that, while using the condenser for charging an LHTES unit containing phase change materials
melted at 58 oC inevitably increases the total electricity consumption in the heating system
relative to the basic scenario, using the desuperheater instead for LHTES charging can reduce
the total electricity consumptions and bills of 24 kWh and 173 SEK (17€), respectively, during
that specific week.
Keywords: Thermal Energy Storage, Phase Change Materials, Heat Pump, Space Heating,
Load Shifting

1. INTRODUCTION
Integrating thermal energy storage (TES) units with HVAC (heating, ventilation and airconditioning) systems has been recognized as an effective measure to decarbonize the
heating and cooling sectors in buildings by enabling the incorporation of renewable energy
sources and facilitating peak-load shifting. Space heating demand, taking over the largest
portion of final energy consumption in buildings within the European context, has been
increasingly handled by heat pump (HP) technologies. To investigate the coupling effects of
TES and HP in hydronic heating systems, a number of experimental and simulation studies
have been conducted. In these studies, latent heat thermal energy storage (LHTES) has
attracted most research interests as it is featured with high storage density and small
temperature swing compared with the sensible heat storage. In principle, LHTES can enable
the coupled HP to be deactivated during periods with economically or environmentally
unfavourable conditions (Pardiñas et al., 2017), such as on-peak hours, acting as a heat
source for keeping indoor climates through releasing the previously stored heat to heating
terminals.
However, few researchers delved into optimizing the integrating configuration and control
strategies of HP-LHTES integrated systems (Zhu et al., 2014). Within the scope of HP-LHTES
integrated systems without solar thermal incorporation, the existing system performance
analyses focused on a single scenario as found in literatures: the heat carried by heat transfer
fluids (HTFs, water in most cases) for charging LHTES, is produced by the condenser of an
HP through parallel hydraulic connections (Moreno et al., 2014). In such configurations, as
LHTES commonly requires high-temperature HTFs to melt phase change materials (PCMs) in
a time-efficient way, one normally has to impose a large condensation temperature lift in the
HP vapor compression cycle, often deteriorating heating COPs. This operating condition is not
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necessary in basic HP heating systems where LHTES is not installed. This problem has been
addressed in some previous studies. For instance, Agyenim and Hewitt (2010) restrict the HTF
supply temperature down to 62.9 oC to melt RT58, a commercial paraffin with a peak melting
point of 58 oC, in a performance analysis of an HP-LHTES integrated system, whereas an HTF
supply temperature of 76.7 oC can increased the overall heat transfer coefficient by 45%. There
remains a need for an optimal design that can ensure the satisfactory charging/discharging
thermal performance of LHTES without decreasing HP efficiency in an integrated system.
In the present study, an alternative integrating method is proposed regarding utilizing a
desuperheater in an HP cycle for LHTES charging. In this configuration, the desuperheater
water outlet, of which the temperature can be controllably high thanks to direct hot gas
desuperheating at the compressor discharging port, can be directly exploited to melt PCMs in
LHTES without compromising the heating COP as in the condenser heating configuration. To
predict the potential savings in electricity consumptions and bills, a basic HP heating system
(Case 0) and two different HP-LTHES integrated systems, one utilizes the condenser for
LHTES charging (Case 1) and the other utilizes the desuperheater (Case 2), are modelled and
compared for a typical Swedish multi-family residence which employs hydronic radiators as
the heating terminal. The paper is organized as follows: first, the layouts of Case 0–2 are
displayed and explained; then, the two main components (HP and LHTES), which have been
tested as prototypes in KTH Energy Technology Department, are briefly introduced; the
validated sub-model of each component is built and incorporated in a mathematic system
model. Last, the system performances of Case 0–2 are presented by two means:(1) the
evolution of HP and LHTES operating statuses over a heating-season week in Stockholm, and
(2) the total electricity consumptions and tariffs, as well as the seasonal performance factor
(SPF) of the integrated system during the week.

2. METHODOLOGY
2.1.

Backgrounds of LHTES Applications

In Sweden, district heating and electricity networks normally show two peak periods, morning
and evening, in terms of heat and electricity generation capacity; the peak heat and/or power
plants, mostly based on fossil fuels, are forcedly activated to meet the peak demands. The onpeak electricity trading prices are accordingly raised by the producers, indicated by Nord Pool,
the electricity trading platform in Nordic regions. For end-users who adopt variable price
contracts of purchasing electricity from the grid, reducing on-peak electricity usage can hence
save their electric bills, as the real-time electricity tariffs end-users are charged with are mostly
affected by the trading prices. Therefore, dwellings with independent heating devices see
potentials of shifting heating demands from on- to off-peak hours by means of applying heat
storage in heating systems. LHTES, as an emerging energy-dense heat storage technology,
is investigated in the present case study of assuming its integration in a heat pump heating
system of a multi-family building in Stockholm. Here, the load shifting strategy from on- to offpeak hours is evaluated; the heat is stored in the coupled LHTES unit during a typical daily offpeak period, starting from late-night and ending in early-morning hours, and then recovered
during on-peak hours with highest electricity tariffs in a day.
2.2.

Layouts of HP-LHTES Integrated Systems

In a common Swedish residential HP heating system, radiators are typically arranged in a 2pipe distribution system with a parallel connection to an HP (denoted as Case 0 as the base
heating scenario; see Fig. 1a). With this configuration, two circulation pumps are required for
the HP and the heat distribution circuits, respectively. In this case, an air-source heat pump
(ASHP) is selected for investigation, and an external electric heater is deployed at the heat
distribution circuit for supplementary heating when the outdoor temperature drops below the
balance temperature.
Fig. 1b and 1c illustrate two different layouts of LHTES integrated heating systems for charging;
the common layout for discharging is shown in Fig. 1d. To the best of authors’ knowledge, the
existing studies mostly investigated the integrated configuration of Case 1 (Fig. 1b), where a
parallel LHTES branch is configured between the ASHP’s condenser and the by-pass line. For
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instance, Hamada and Fukai (Hamada and Fukai 2005) presented such designs of an on-field
experimental setup for testing LHTES integrated solutions in a commercial building. In this
configuration, heat transfer fluid (water) supply temperature, expressed as TLHTES,in in Fig.1b,
is mandatorily kept to be at least 65 oC for melting PCMs and thereby enabling latent heat
storage. If TLHTES,in is higher than the radiator supply temperature, Trad,s, determined by the socalled heating curve, the condensation temperature has to be raised in a way that the water
outlet temperature at the condenser, Tcond,out, should be at lowest equal to TLHTES,in to fulfil the
supply temperature requirements for LHTES charging. Such condensation temperature lifts
are not necessary in Case 0, the basic heating scenario.

Figure 1: layouts of LHTES integrated heating systems

As the novelty of the present study, the configuration of Case 2, displayed in Fig.1c, is
proposed as a design that utilizes the desuperheater, which is originally dedicated for
producing DHW in commercial HPs, to charge LHTES by taking advantages of its higher water
outlet temperature compared with that of the condenser. According to previous studies, Tdes,out
can be increased up to 80 oC in the reference HP prototype with a working condensation
temperature of around 46 oC (Xu et al., 2018); by properly controlling the desuperheater water
flowrate and identifying the matched temperature profile (Tdes,out=65 oC), LHTES can be
successfully charged with desuperheater outlet water without deliberately increasing
condensation temperatures as Case 1. In this scenario, an HP can be driven with off-peak
electricity to charge the LHTES with the desuperheater during the late night-time hours when
there is barely DHW demand.
On the other hand, the discharging flow configuration for both Case 1 and 2 is displayed in Fig.
1d as both cases share the same configuration. In principle, the stored heat is released to a
diverted branch of flow for LHTES discharging in the heat distribution system.
2.3.

Modelling and Analysis

To compare the overall energy efficiency of the three different configurations, a quasi-steady
state system model developed through EES (Engineering Equation Solver) was created,
comprising of three individual sub-models for predicting the thermal performances of three key
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elements, ASHP, LHTES, and radiators. The ASHP and LHTES sub-models are based on the
experimental investigations reported in the author’s previous works. The condenser and
desuperheater configurations in the reference HP are illustrated in Fig. 2a, and the structure
of LHTES tank is shown in Fig. 2b.
First, the ASHP sub-model is constructed based on a performance map, generated by a
validated R290 HP model using a vapour compression software package, IMST-ART. The
detailed experimental results of the R290 HP prototype and the validation information of the
IMST-ART model have been reported by the authors in a previous work (Xu et al., 2016). The
condenser and desuperheater are both brazed plate heat exchangers but with different
nominal capacities of 40 kW and 6.5 kW, respectively, and the variable-speed compressor in
the HP prototype can work with a maximum speed of 65 Hz according to the manufacturer.
Second, LHTES is modelled by generating a performance map involving the transient
behaviours of charging/discharging rates and TLHTES,out, which were obtained through a
comprehensive experimental campaign. The tested LHTES unit is a 0.38 m3 stainless steel
storage tank containing 50 cylindrically encapsulated PCMs. the used PCM is a commercial
salt hydrate with a melting temperature range of 57 to 63 oC. The details of the testing facility
can be found in the author’s previous work (Xu et al., 2019). In the model, the size of the
simulated LHTES unit is scaled up on different levels in Case 1 and Case 2 due to the variability
in the heat capacitance of charging provided by the HP; the evaluation is further presented in
Section 3.2.

Figure 2: Illustrations of the experimental set-up: (a) ASHP; (b) LHTES

Third, the heat distribution system is modelled in terms of the heating capacity, supply/return
temperature (Trad,s/Trad,r), and water flowrate of a typical design of radiator heating systems in
a Swedish multi-family building. Trad,s/Trad,r is set to 55/45 oC at the design outdoor temperature
(DOT=-16 oC) and their variations at different outdoor temperatures are determined by a
heating curve. The present model simplifies the thermal comfort consideration by assuming
that the set-point control of indoor air temperature (20 oC) is at all time nodes perfectly achieved
through the smart control of the ASHP at variable speeds, producing heat for radiators and
LHTES at desirable capacities, and the 3-way solenoid valve, which instantly modulates the
mixing/separation of the water flow of AHHP circuit and LHTES branch to fulfil the requirements
of Trad,s.
With load shifting strategies implemented, the COP and heating capacity of ASHP are
accordingly affected and thereby influence the overall system performance. As one of the
metrics for comparing the energy efficiency of different scenarios, the seasonal performance

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4886

factor of the system is calculated according to Eq. (1) over a heating-season week in
Stockholm. The total electricity consumptions constitute of three parts, ASHP, circulation
pumps in heat distribution systems, and the supplementary electrical heaters if necessary.
Also, the total electric bills for space heating are compared amongst three cases as the
economic evaluation of heat storage integration.

SPFsys =

∫ PHP

∫ Q̇ HP dt
dt+ ∫ Ppump dt+ ∫ Pel.heater dt

Eq. (1)

3. LOAD SHIFTING ANALYSIS
3.1.

Sizing LHTES Units in Integrated Systems

In principle, completely shifting the on-peak heating loads to off-peak hours is the most
desirable operating strategy. Yet, two factors restrict the implementation of such a strategy in
the investigated system: (1) the intrinsic declining tendency of charging/discharging rates in
general LHTES applications, and (2) the availability of heating capacity provided by the heat
exchanger for LHTES charging. For the former aspect, the experimental results indicate that a
complete discharging process of the LHTES unit lasts for approximately 5 hours, showing
quasi-exponentially decreasing discharging rates. Consequently, the LHTES unit can be sized
in a way that its initial maximum heat releasing power fully covers the heating demands as
long as possible during on-peak hours, so meanwhile the HP can be utterly averted from
operation. On the other hand, the amount of heat that can be feasibly released during on-peak
hours is substantially dependent on the preceding charging process, which is concerned with
the second factor. Case 1 and 2 employs different heat exchangers at the sink to provide
heating for LHTES, which is necessarily taken into account when evaluating the appropriate
LHTES unit sizing.
For Case 1, HP is mandatorily operated with a condensation temperature of at least 60 oC to
ensure Tcond,out at 65 oC. With a maximum compressor speed (65Hz), the extra heating capacity
deliberately produced by the condenser for the purpose of LHTES charging can be sustained
above 20 kW in most off-peak hours. The abundance in available heating capacity for LHTES
charging enables the LHTES unit to be sized primarily based on the criteria of covering the onpeak heating demands. Therefore, the LHTES volume is scaled up to 1.3 m3 with a capacity of
incorporating 290 PCM capsules for Case 1. The estimated thermal storage capacity is
approximately 100 kWh.
For Case 2, the LHTES unit is connected with the desuperheater in serial; the desuperheater
has a much smaller heat transfer area (0.64 m2) compared with the condenser (3.98 m2) in the
original design of the ASHP prototype. Compared with Case 1, the available heat in the
desuperheater for charging LHTES is much more limited, regardless of the compressor speed,
because of its small heat transfer area and limited heat content from superheated gas that is
available for exploitation. Along a charging process, the charging rate in LHTES considerably
decreases and TLHTES,out (Tdes,in equals to TLHTES,out with the present serial connection, see Fig.
3c) accordingly increases, to be specific, above 60 oC after 1.5 hour of charging according to
the experimental observations. As the HP condensation temperature of Case 2 is kept as low
as that of Case 0, the basic HP heating scenario, the compressor discharge temperature is at
most around 83 oC, which leaves a limited margin for heat transfer from superheated gas to
water flow in the desuperheater, and thus leading to a considerably lower heating capacity for
LHTES charging (below 4 kW after 1.5 hours of charging). As a result, the LHTES unit in Case
2 can only be designed with a heat storage capacity of approximately 48 kWh (120 PCM
cylinders); unlike Case 1, the primary restriction on the size stems from the availability of
heating capacity in the desuperheater.
3.2.

Performance Analysis

The main operating parameters of the HP-LHTES integrated system are presented during the
investigated heating-season week. Fig. 3 illustrates the modelling results presented on a half-
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hour basis: the hatched area represents the required HP heating capacity without LHTES
integration (Case 0) while the yellow solidly filled area represents the HP heating capacity with
load shifting implemented of Case 1 (Fig. 3a) and Case 2 (Fig. 3b). The electricity tariffs that
the end-users are charged with during this specific week are shown as the red curves. It is
observed that Case 1 shows a larger amount of heating load shifted, which allows the HP to
be deactivated for a longer on-peak period (2.5 hours) than Case 2 (1.0 hour), due to the larger
volume of the LHTES unit.

Figure 3: Comparisons of HP heating capacity: (a) Case 0 and 1; (b) Case 0 and 2

Fig. 4 displays the working statuses of the HP and LHTES, respectively. As illustrated by Fig.
4a, the compressor can be operated at a maximum speed of 65 Hz for LHTES charging in
Case 1 but not necessarily in Case 2 due to the smaller volume of the LHTES unit. Generally,
higher HP power consumptions of Case 1 are found because of its higher heating capacity and
lower COP. Fig. 4b shows the evolution of heat storage capacity in LHTES with consecutive
charging and discharging processes.
To summarize, Table 1 lists the key performance indicators of the basic HP heating systems
and LHTES-integrated systems regarding the electricity use and SPF. Compared with Case 0,
a higher total electricity consumption as well as a lower SPF is discovered for running the HPLHTES integrated with Case 1 configuration, largely because of the HP operation with lower
COPs as charging LHTES requires. The load shifting from on- to off-peak hours defeats the
purpose of reducing electricity bills for end-users, as higher electricity tariffs are found for Case
1. However, Case 2 configurations exhibit potential savings in both the electricity consumptions
and bills relative to Case 0 and 1. The total electricity consumption is reduced by around 8%
by using desuperheater to charge the LHTES unit rather than the condenser. The economic
aspect is analysed for investing such a plug-in LHTES unit in the Case 2 scenario. With
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estimation of a total capital cost at 39440 SEK (3944€) combining the costs of PCMs, a storage
tank, and a circulation pump, the discounted payback period would be 11.2 years assuming
that a weekly electric bill saving of 17€ is achieved throughout entire heating seasons.
Table 1. Comparisons of performance indicators amongst three cases over the week

SPFsys (-)
End-user’s electricity consumption (kWh)
End-user’s electric bills (SEK) a
Discounted payback periods (yr) b
a
1 SEK ≈ 0.1 €;
b
Calculation is based on a discount rate of 4%.

Case 0
2.41
3132
6444
-

Case 1
2.25
3356
6564
-

Case 2
2.42
3108
6271
11.2

Figure 4: Working statues of the main components: (a) HP; (b) LHTES unit

4. CONCLUSIONS
This study theoretically investigates two LHTES-integrated HP heating systems, one of which
uses the condenser for charging LHTES (Case 1) and the other uses the desuperheater (Case
2), aimed for typical multi-family dwellings in Stockholm. Quasi-stationary system models on a
half-hour basis are built for evaluating the performances of these two integrating configurations
where the storage unit is utilized for peak heating load shifting. The performance indicators,
including the system’s SPF, the total electricity consumption, and bills of heating for the endusers, are calculated for both integrating configurations and the basic heating system without
storage device (Case 0) over a chosen heating-season weak. The transient working statues
of HP and LHTES in the integrated systems are revealed for both Case 1 and Case 2. The
simulation results indicate that using the condenser (Case 1) to charge the LHTES unit leads
to increased total electricity consumptions (7.2%) and bills (1.9%) compared with the basic
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heating systems owing to the necessity of increasing HP’s condensation temperature. But
utilizing the desuperheater (Case 2) for charging LHTES instead can decrease the bill by
17€/week (around 3%) because it brings negligible influences on the HP’s condensation
temperature and thereby the total electricity consumptions.
There are a few limitations of the present study which can be improved in the future work:
• The quasi-stationary system model can be improved with a finer time discretization, so
that the transient HP and LHTES operating statues can be interpreted more in details;
• The LHTES charging/discharging thermal performances can be improved by better
PCM encapsulation designs. Future work can include optimizing the heat transfer
aspect of the LHTES unit and simulating its improved thermal performances in an HPLHTES integrated system.
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NOMENCLATURE
(AS)HP
Q̇
HTF
T

(air-source) heat pump
heating capacity (kW)
heat transfer fluid
temperature (oC)

LHTES
P
PCM
SPF

latent heat thermal energy storage
power consumption (kW)
phase change material
seasonal performance factor (-)
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ABSTRACT
Gas-fired heating is more environmentally friendly than coal-fired heating, but it results in extensive
exergy loss because the heating supply temperature is much lower than the combustion
temperature. We proposed a new gas-fired heat-driven thermoacoustic heat pump system. The
SAGE program was used to simulate and optimize the system. With heating supply temperature of
333K and surrounding temperature of 273K, the system achieved a COPh of 1.72, corresponding to
a relative Carnot efficiency of 44.43%. In addition, the simulation results also showed that the heat
pump performance is sensitive to the system parameters.
Keywords: Gas-fired, Thermoacoustic, Heat-Driven Heat Pump, COPh, Sensitivity.

1.

INTRODUCTION

Rapid developments in Chinese economy have led to rapid growth in total societal energy
consumption, especially with regards energy consumption in buildings. Heating, ventilation, and airconditioning devices and domestic hot water accounts for in excess of two-thirds of the energy
consumption in buildings in China. The proportion of energy consumption from heating is large (Li,
2016). The energy consumption for winter heating in northern China must be reduced to maintain
residents' living quality (Zhao, 2014). Conventional heating methods in northern China include
centralized heating based mainly on the burning of fossil energy to produce hot water. Besides
cogeneration, most heating methods have low energy efficiency and high pollution (Wu, 2013) and
(Wu, 2013). As an environmentally friendly, energy-saving and efficient air-conditioning system, heat
pumps can pump heat from low-temperature heat sources (such as air, water and solar energy) and
improve the heat temperature by consuming a small fraction of mechanical power, which provides
an effective measure to protect the environment and minimise power shortages (Zhao, 2013) and
(Tong, 2012). With the implementation of the Coal-to-Gas Program in China, a heat-driven heatpump technology can play an important role in decreasing pollutant emissions and improving the
quality of life of residents because of its advantages of high efficiency, high reliability and low
pollution.
The Stirling machine is a heat engine that is based on the Stirling cycle. The Stirling cycle was first
proposed by Robert Stirling in 1816 and was used in engines (Graham, 1985). In 1862, Kirk used
the reverse Stirling cycle in refrigeration experiments, and promoted the development of Stirling heat
pumps. In 1964, Beale of the United States proposed the concept of a free-piston Stirling engine in
which the crank-link mechanism was eliminated compared with the traditional Stirling machine. The
dynamic piston and ejector were not subjected to lateral forces during the axial movement. The
contact seal was replaced by a gas seal, depending on the leaf spring and the gas bearing, which
improved the reliability and stability of the system (Beale, 1976). However, researches on duplex
free-piston Stirling heat pumps were rarely reported. Only Sunpower of the United States and
Kawasaki of Japan have reported the use of duplex free-piston Stirling heat pumps (Rix, 1989). Fig.
1.a provides a schematic diagram of the mechanism of the duplex free-piston Stirling heat pump
developed by Sunpower in 1983. The structure uses a free-piston Stirling heat pump that is driven
by a free-piston Stirling engine, which shares the same power piston. The mechanical output of the
Stirling engine drives the Stirling heat pump. The cold-end of the engine operates at the same
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temperature as the hot-end of the heat pump, which increases the coefficient of performance (COP).
In 2006, Boucher et al. of France proposed a structure in the form of an opposed free-piston Stirling
engine (Boucher,2007), in which an asynchronous linear motor was used for coupling. The heat
released from the cold-end of the engine was used to supply heat to the outside. To resolve the
problem of impedance matching between the engine and the heat pump (or refrigerator), in 2016, Li
et al. of China devised a new type of resonant tube-coupled duplex Stirling refrigerator structure (Li,
2016). The free-piston Stirling engine was matched with the free-piston Stirling refrigerator with a
resonant tube, as shown in Fig. 1.b. The resonance tube was too long, which resulted in large system
occupation and huge loss of acoustic power. In response to this problem, in 2017, Hu et al. of China
proposed using a light-load liner alternator to couple a Stirling refrigerator and a Stirling engine, and
analysed the parameter sensitivity on this structure (Hu, 2017). In this configuration, the resonant
piston transferred acoustic power and coupled the engine and the refrigerator. This system was more
compact with a lower loss of acoustic power.
Based on the above research, we proposed a gas-fired heat-driven thermoacoustic heat pump,
which uses a light-load liner alternator to couple a thermoacoustic Stirling prime mover and a
thermoacoustic Stirling heat pump. We introduced the system and simulated the structure with SAGE
software and then we discussed the influence of the key parameters on the system before providing
the conclusions.

Figure 1: Schematic of a duplex Stirling heat pump (a) and a heat-driven duplex Stirling cooler with a
resonance tube (b)

2.

SYSTEM AND NUMERICAL MODEL

The gas-fired heat-driven thermoacoustic heat pump consists of a thermoacoustic Stirling prime
mover, a light-load liner alternator and a thermoacoustic Stirling heat pump, as shown in Fig. 2.
Among them, the thermoacoustic Stirling prime mover is mainly composed of an expansion chamber,
a hot-end heat exchanger (HHX), a regenerator, a displacer, an ambient heat exchanger (AHX) and
a compression chamber. The thermoacoustic Stirling heat pump is composed mainly of an
expansion chamber, an ambient heat exchanger (AHX), a regenerator, a displacer, a cold-end heat
exchanger (CHX) and a compression chamber. The light-load linear alternator is located between
the thermoacoustic Stirling engine and the thermoacoustic Stirling heat pump, as a resonating piston,
to match the acoustic field on the left and right sides of the linear alternator.

Figure 2: Schematic of gas-fired heat-driven thermoacoustic heat pump
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2.1.

Working Mechanism

The main working mechanism of the system is as follows. After absorbing high-grade heat from
natural-gas combustion, the thermoacoustic Stirling prime mover establishes a positive temperature
gradient at both ends of the regenerator. In the regenerator, heat is converted gradually into acoustic
power along the increasing direction of the temperature gradient. In the expansion chamber, acoustic
power is collected and transferred to the compression chamber by the displacer. In the compression
chamber, part of the acoustic power flows to the light-load liner alternator, and the other part of the
acoustic power is amplified again through the ambient heat exchanger, the regenerator and the hotend heat exchanger. The acoustic power is enlarged and looped back and forth. Because of the
mechanical damping of the light-load liner alternator, the acoustic power that flows through the lightload liner alternator is dissipated. The remainder flows into the compression chamber of the
thermoacoustic Stirling heat pump. In the thermoacoustic Stirling heat pump, the acoustic power that
flows in and the acoustic power that is recovered by the displacer are combined and flow into the
ambient heat exchanger, the regenerator and the cold-end heat exchanger. The mixed acoustic
power is consumed gradually against the direction of the temperature gradient. The Stirling
thermoacoustic prime mover absorbs heat from the natural gas combustor, generates acoustic
power and supplies heat for an indoor heating supply. The thermoacoustic Stirling heat pump
consumes acoustic power to extract heat from the environment and increases the temperature to
warm the circulating water. The total output heating power could be several times larger than the
acoustic power, so the primary energy-utilization efficiency of the heat-driven pump is obviously
higher than the simple combustion heat. The light-load liner alternator makes the thermoacoustic
Stirling prime mover and the thermoacoustic Stirling heat pump achieve a traveling-wave acoustic
field. The displacement of the alternator’s piston indicates whether the system is operating normally.
2.2.

Evaluation Mechanism

The commercially available software SAGE version-10 was used to simulate the system. The
software performs one-dimensional modelling calculations based on the concept of a node-analysis
method, and obtains numerical calculation results by solving the coupled N–S equations (Gedon,
2011). To evaluate the system performance, the overall coefficient of performance (COPh), the
output heating power and the relative Carnot efficiency of the entire system were introduced.
The COPh of the entire system is defined as:

Qpump = Qpump,hp +Qpump, pr

Eq. (1)

COPh = Q pump × Qheating -1

Eq. (2)

where Qpump, Qpump,hp, Qpump.pr and Qheating are the output heating power of the entire system, the
output heating power of the thermoacoustic Stirling heat pump, the output heating power of the
thermoacoustic Stirling prime mover and the input heating power of the hot-end of the
thermoacoustic Stirling prime mover in W, respectively.
The relative Carnot efficiency of the system is given by:

h = Qpump (1 - T0 × Tr -1 ) éëQheating (1 - T0 × Th -1 ) ùû

-1

Eq. (3)

where Th, Tr, T0 are the hot-end temperature of the prime mover, the heating supply temperature and
the surrounding temperature in K, respectively.
By obtaining the displacement of the light-load linear alternator and the operating frequency of the
system, it can be determined whether the system operates normally.
2.3.

Geometry Details and Operating Conditions

The system is mainly composed of a thermoacoustic Stirling prime mover, a light-load linear
alternator and a thermoacoustic Stirling heat pump. The geometric details of the design are shown
in Tables 1–3.
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Table 1. Geometric parameters of the thermoacoustic Stirling prime mover

Components
Expansion
Chamber
HHX

Parameters

80mm long, 56 channels: width 1mm, high 10mm, thickness 1mm

Regenerator

70mm long, equivalent diameter 60mm, porosity 0.8

AHX

60mm long,1125tubes: inner diameter 0.8mm, thickness 0.4mm

Displacer
Compression
Chamber

100mm long, diameter 88mm, weight 0.56kg

90 cm3

400 cm3
Table 2. Geometric parameters of the light-load linear alternator

Components
Alternator

Parameters
100mm long, diameter 76.45mm, weight 7 kg, mechanical damping (Rm)
40kg/s, spring stiffness(K) 8.119x103N/m, piston area ratio 0.989

Table 3. Geometric parameters of the thermoacoustic Stirling heat pump

Components
Expansion
Chamber
AHX

Parameters

60mm long, 1531tubes: inner diameter 0.8mm, thickness 0.4mm

Regenerator

40mm long, equivalent diameter 70mm, porosity 0.8

CHX

50mm long, 1531tubes: inner diameter 0.8mm, thickness 0.4mm

118 cm3

Displacer
100mm long, diameter 100mm, weight 0.7735kg
Compression
300 cm3
Chamber
The operating conditions of the system design are shown in Table 4.
Table 4. System-design conditions

Operating
Frequency

Working
Medium

Average
Pressure

Hot-End
Temperature

45Hz

He

6MPa

923K

2.4.

Heating
Supply
Temperature
333K

Surrounding
Temperature
273K

Results

With the displacement of the light-load liner alternator and working frequency of the system fixed at
9 mm and 45 Hz, it was found that the input and the output heating power were 3202 W and 5500
W, respectively. The COPh and relative Carnot efficiency of the system reached 1.72 and 44.43%,
respectively. The calculation results are shown in Table 5.
Table 5. System calculation results

Displacement of the Light-Load Liner
Alternator (mm)
9.000

Input Heating
Power (W)
3202

Output Heating
Power (W)
5500
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h

1.72
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3.

INFLUENCE OF KEY PARAMETERS

Because of uncertainties in working conditions, it is difficult for the system to achieve the desired
design state, and parameters will deviate from the design value. Therefore, understanding the
sensitivity of the system performance to parameter changes will play a vital role in system control
and efficiency improvement. We focus on the influence of temperature and average pressure on the
thermodynamic performance.
3.1.

Influence of Temperature on Thermodynamic Performance

By changing the hot-end temperature of the prime mover and surrounding temperature, the systemperformance curve as a function of temperature can be obtained, as shown in Fig. 3. When the
surrounding temperature increases, the onset temperature of the system decreases gradually, and
the output heating power of the entire system, COPh, and the displacement of the light-load liner
alternator increase accordingly. An increase in the surrounding temperature is conducive to system
work. When the surrounding temperature is constant, the displacement of the light-load liner
alternator, the output heating power of the entire system, and the COPh improve significantly as the
hot-end temperature of the prime mover increases. The COPh and relative Carnot efficiency of the
system will have a maximum value with an increase in the hot-end temperature of the prime mover,
as shown in Fig. 3.c. With the surrounding temperature of 273K and hot-end temperature of 925K,
the system obtains the COPh extreme value of 1.719. When the surrounding temperature is 293K,
the system obtains the COPh maximum value of 1.84 at the hot-end temperature of 800K. When the
surrounding temperature is 313K, the system obtains the COPh extreme value of 1.966 at the hotend temperature is 700K. It can be concluded that with the surrounding temperature increase, the
maximum COPh gradually increases and the corresponding hot-end temperature gradually
decreases.
The above calculation results show that the parameters of the displacement of the light-load liner
alternator, the output heating power of the entire system and the COPh are sensitive to temperature
changes of the system heat source. Because the frequency of the system operation increases only
slightly with an increase in temperature, as shown in Fig. 3.b, the frequency is insensitive to changes
in system heat-source temperature.

(a)

(b)
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(c)

(d)

Figure 3: Influence of temperature on thermodynamic performance: Xpis vs. Th (a), f vs. Tc (b), Qheating
and Qpump vs. Th (c), COPh and η vs. Th (d)

3.2.

Influence of Average Pressure on Thermodynamic Performance

(a)

(b)

(c)
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Figure 4: Influence of average pressure on thermodynamic performance: Xpis and η vs. Paver (a), f and
COPh vs. Paver (b), Qheating and Qpump vs. Paver (c)

Fig. 4 shows the influence of average pressure changes on the thermodynamic performance. Fig.
4.a and b show that the thermoacoustic Stirling prime mover and the thermoacoustic Stirling heat
pump are matched because of the action of the light-load liner alternator. Where the other design
parameters of the system are determined, the COPh and relative Carnot efficiency of the entire
system increase with an increase in average pressure and an extreme efficiency result. As the
pressure increases, the COPh and relative Carnot efficiency increase gradually, and they decrease
after reaching an extreme value. The system has the highest COPh and relative Carnot efficiency at
6.2 MPa, which is fixed at 1.721 and 0.4451, respectively.
Fig. 4.a and c show that as the pressure increases, the displacement of the light-load liner alternator,
the output heating power and the input heating power decrease gradually. The decreasing trend
increases gradually with an increase in pressure. To obtain a larger output heating power in the
system, a reduction in average system pressure is required.
Fig. 4.b shows that on condition that the other design parameters of the system are determined, the
operating frequency of the system increases gradually in an approximately positive linear manner
as the pressure increases. If the system frequency is too high, the heat-exchange effect between
the system and the external environment and the heat-transfer performance of the regenerator will
decrease. It can be an explanation for the sharp decrease in the COPh when the pressure is higher
than the optimum value,
The above calculation results indicate that the parameters of the displacement of the light-load liner
alternator, the output heating power, the COPh and the frequency are all sensitive to the variation of
average pressure. Therefore, the variation of average pressure needs to be considered during
operation.

4.

CONCLUSIONS

In this paper, a gas-fired heat-driven thermoacoustic Stirling heat pump was proposed. The full heatdriven pump was numerically simulated and analysed based on the SAGE program. It is shown that
the novel heat-driven pump has excellent performance. The result shows that with the hot-end
temperature of the prime mover, the heating and the surrounding temperatures of the heat pump
fixed at 923K, 333K, 273K, and frequency of 45Hz, the system can achieve a COPh of 1.72 and a
relative Carnot efficiency of 44.43%. With the light-load liner alternator displacement fixed at 9mm,
the input heating power and the output heating power were 3202W and 5500W. In addition, the
simulation results also showed that the heat pump performance is sensitive to the system
parameters. The parameters of the displacement of the light-load liner alternator, the output heating
power of the entire system, the COPh are sensitive to the system temperature and average pressure
and the frequency is only sensitive to the change of average pressure.
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NOMENCLATURE
Qpump
Qpump,pr
COPh

output heating power of the entire
Qpump,hp
system (W)
output heating power of the
thermoacoustic Stirling prime mover Qheating
(W)
overall coefficient of performance
η

output
heating
power
of
the
thermoacoustic Stirling heat pump (W)
input heating power of the hot-end of the
thermoacoustic Stirling prime mover (W)
relative Carnot efficiency
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T0
Th
f

surrounding temperature (K)
Tr
hot-end temperature of the prime
Xpis
mover (K)
operating frequency (Hz)
Paver

heating supply temperature (K)
displacement of the light-load liner
alternator (mm)
average pressure (MPa)

REFERENCES
Li, X.T., Song, P.Y., Shi, W.X., Wang, B.L., 2016. Novel heat pump with high efficiency for the whole
year: Flexible heat pump. HV&AC 46(12),1-7.
Zhao, Y., Chen, Y.Y., Luo, E.C., Zhou, Y., 2014. Numerical Simulation and Experimental Study on
a Liner-compressor Driven Traveling-wave Thermoacoustic Heat Pump. Journal of
Refrigeration (5),7-13.
Wu, W., Shi, W.X., Wang, B.L., Li, X.T.,2013. Approaches and Comparative Analysis for
Performance Improvement of Air Source Absorption Heat Pump in Cold Regions. Journal of
Refrigeration 34(5),1-7.
Wu, W., Li, X.T., Shi, W.X., Wang, B.L., 2013. Low evaporating temperature absorption heat pump
used for heating and domestic hot water in Northern China. HV&AC 43(8),86-93.
Yang, Z., Wang, W.B., Wu, X.,2013. Thermal modeling and operating tests for a gas-engine driven
heat pump working as a water heater in winter. Energy & Buildings 58,219–226.
Tong, H., Luo, E.C., 2012. Double-acting traveling-wave thermoacoustic heat pump for hightemperature range driven by linear compressor. CRYOGENICS (4), 18-23.
Graham, W.P.D., J., R.S.P.D.,1985. Free piston stirling engines. Springer Berlin, Heidelberg ,268p.
Beale, W.T., 1976.Power piston actuated displacer piston driving means for free-piston Stirling cycle
type engine. U.S. Patent No. 3, 937, 018. 10.
Rix, D.H, 1989.The potential of the Stirling cycle heat pump. Proceedings of the Institution of
Mechanical Engineers, Part A: Journal of Power and Energy 203.4, 245-254.
Boucher, J., Lanzetta, F., Nika P.,2007. Optimization of a dual free piston Stirling engine. Applied
Thermal Engineering 27(4), 802-811.
Li, X.W., Yu, G.Y., Wang, X.T., Dai, W., Luo, E.C., 2016. Numerical study on a new type resonance
tube coupled duplex Stirling cooler. CRYOGENICS (5),15-21.
Hu, J.Y., Luo, E.C., Dai, W., Zhang, L.M.,2017. Parameter sensitivity analysis of duplex Stirling
coolers. Applied Energy 190, 1039-1046.
Gedeon D., 2011. Sage version 10: user’s manual. Gedeon Associates, Athens, 432p.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4898

Manuscript ID: 1694
DOI: 10.18462/iir.icr.2019.1694

Applications of absorption heat exchangers for kinds of waste
heat recovery systems
(a)

Yi JIANG(a)*, Xiaoyun XIE(a)

Building Energy Research Center, Tsinghua University
Beijing, 100084, China, jiangyi@tsinghua.edu.cn

ABSTRACT
Absorption Heat Exchanger (AHE) is a kind of new heat exchange concept put forward in recent
years, by which un-matching heat transfer processes could be realized. Kinds of applications of the
AHEs for industries waste heat recovery are introduced in this paper, including condensing heat
recovery in CHP plant, long distance heat transportation system, low grade waste heat recovery
system in steel plants and fast cooling systems in beverage production process. Real projects for
the above typical applications are introduced, including waste heat recovery in Datong First CHP
plant, Taiyuan Gujiao CHP plant, Qianxi steel plants and so on. The energy consumption results are
shown for each project. The suitable application system structures of AHEs are discussed finally,
and then the design principle of using AHEs in different systems is given.
Keywords: Absorption System, Industrial Application, Heat Exchanger, Heat Pump, Optimization,
System Absorption.

1. INTRODUCTION
The energy consumption for buildings takes more than 20% of the total national energy consumption
in China (Building Energy Research Centre, Tsinghua University, 2015), in which the district heating
systems in north of China takes about 24% of the total building energy consumption. For ordinary
heating systems, the main heat sources are the steam extracted from CHP plants with temperature
higher than 100 ℃ and the boilers. The designed indoor temperature in heating seasons is only
18~22℃, while the temperature of the heat source, take the coal boilers for example, is higher than
500℃, which leads to big waste of energy quality.
In another hand, there exists enormous waste heat exhausted in kinds of industries, which can take
50% of the total input energy for the industry, and the energy consumption of industries takes more
than 60% of the total national energy consumption. Furthermore, the waste heat with low
temperature, lower than 80℃ takes the main part of the total waste heat. There are kinds of methods
to recover the wasted heat for use, most of which are for the craft processes themselves. While the
low temperature waste heat is really the most suitable heat source for building heating system, how
to recover the wasted heat for building heat system is the hot topic in recent years.
Absorption heat pumps(AHPs) have been used for this purpose in several big scale projects for
district heating systems in China, by which the condensed wasted heat of CHP plants (Li, 2011), the
waste heat from steel plants (Fang, 2013) are recovered. For AHP systems, the heat source with
high temperature is the driven force. If the temperature of the waste heat is lower than 40℃, it is not
easy to recover all of the waste heat as the heat source is not enough. Second, as the plants are
always far from the cities, the waste heat must be transported for a long distance. How to increase
the transportation temperature difference is the key problem. Thus, a new concept, absorption heat
exchangers (AHEs) are prompted (Fu, 2008), by which the return water temperature can be low to
20℃. By using the AHEs, first, part of the waste heat can be recovered by the return water directly,
second, the transportation temperature difference can be enlarged significantly.
Thus, in this paper, applications of AHEs are introduced, including waste heat recovery of CHP
plants, waste heat recovery of kinds of industries, fast cooling systems and so on. Different scales
of real AHEs were developed and the field testing results are introduced to show the level of the
performance of the developed AHEs.
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2. PRINCIPLE OF ABSORPTION HEAT EXCHAGNERS
2.1.

Principle of two Types of AHE

The principle of absorption heat exchangers (Fu, 2008, Xie and Jiang, 2017) are shown in Fig. 1.

(a) The first type of AHE

(b) the second type of AHE

Figure 1: Principle of AHEs

There are two types of AHE. For the first type of AHE (type I), the flow rate of the heat source is
much lower than that of the heat sink, and the outlet temperature of the heat source hot water can
be lower than the inlet temperature of heat sink hot water, as the T-Q chart shows. For the second
type of AHE (type II), the flow rate of the heat sink is much lower than that of the heat source, and
the outlet temperature of the heat sink hot water can be higher than the inlet temperature of the heat
source, as the T-Q chart shows. To achieve un-matching heat transfer processes is the most
important feature of the two types of AHEs. How to realize the above trans-normal functions of AHEs?
In fact in the AHE, the main components are an absorption heat pump and a common heat
exchanger (Fu, 2008; Xie and Jiang, 2017), as Fig. 2 shows. The principle of the AHEs in detail are
not discussed here.
90℃
70℃
40℃

50℃

Absorption heat pump
Generator Condenser

Absorber

Evaporator

50℃

70℃

40℃

75℃

25℃

90℃

41℃

74℃

40℃

75℃

Absorber Evaporator

25℃
39℃
75℃

70℃
Heat exchanger

Heat exchanger

50℃

Absorption heat pump
Generator Condenser

(a) The first type of AHE

70℃

(b) The secondary type of AHE

Figure 2: Principle of the two types of AHE

2.2.

The Main Performance Description Method of AHEs

The temperature efficiency Xie and Jiang, 2017) is used to describe the basic heat transformation
performance of AHEs, which is shown in Eq. (1)~(2).

I =
 II =

t,in −t1,o
t1,in −t 2 ,in
t 2 ,o −t 2 ,in
t1,in −t 2 ,in

Eq. (1)
Eq. (2)

Eq. (3) shows the fitting equation of the temperature efficiency. The main factors to influence the
temperature efficiency are the flow rate ratio and the running flow rate. The two sides temperature
also influence the temperature efficiency, but with much slight effect.
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 =  0 + a  (1/ m − 1/ m0 ) + b  (G − G0 ) + ks  (t1,in − t 01,in ) + kr  (t2,in − t 0 2,in )

Eq. (3)

Where m represents the flow rate ratio(m≥1), G represents the lower flow rate of the two sides, ε0，
m0，G0, t01,in，t02,in，G0 represents the parameters under the rated working condition. a,b, ks, kr are
constants, which depend on the different process structures.
Take one developed three stage AHE as an example, the value of the above parameters are:
ε0=1.307, G0=0.7 kg/s, m0 =10.57, t01,in =90℃, t02,in =40℃, a=0.484, b=0.169, ks=-1.599E-03 ℃-1,
kr=-3.760E-03 ℃-1

3. APPLICATION SYSTEMS OF ABSORPTION HEAT EXCHANGERS
The absorption heat exchangers have been applied in kinds of real systems to realize the demanded
extremely un-matching heat transfer processes, including the CHP systems to recover condensed
waste heat, the long-distance transportation system of low grade heat, the fast cooling systems and
so on, which are introduced in the following.
3.1.

CHP systems to recover condensed waste heat

CHP system is one of the common heat sources of district heating systems, which take 42% of the
total heat sources of heating systems in China (Building Energy Research Centre, Tsinghua
University, 2015).For common CHP systems, as shown in Fig. 3a, the heat source is only the
extracted steam from the steam engine, and the primary hot water is heated by the extracted steam
through steam-water heat exchangers (HEs), and at the terminal heat stations, the secondary hot
water is heated by the primary hot water through water-water HEs. A case of the heat transfer
processes of the common CHP systems is shown in Fig. 3b. At the CHP plants, as the steam
changing phase when it releasing heat, and there is a big in-out temperature difference of the primary
hot water for long distance transportation purpose, the heat transfer process carried out in the steamwater heat exchanger is an extremely un-matching heat transfer process, also called “triangle heat
transfer process”. For this kind of heat transfer process, there exists large heat transfer loss caused
by extremely un-matching flow rate of two sides, also called entransy dissipation (Guo, 2010) even
if the heat transfer area tents to be infinite. To decrease the entransy dissipation is the key to
decrease the energy consumption of CHP systems.

(a) System principle

Figure 3: Common CHP systems

(b) T-Q chart

By using AHPs and AHEs, a new kind of CHP system is prompted (Fu, 2008), as shown in Fig. 4.
The corresponding T-Q chart to express the heat transfer processes of the novel system is shown
in Fig. 5. At the terminal thermal stations, the AHEs are used instead of common HEs to return the
primary hot water with much lower temperature, for this case, 20℃, which is 25K lower than that of
common HEs and is 20K lower than the inlet temperature of secondary hot water. At the CHP plants,
the return hot water with low temperature is first pumped into at the HEs to be heated by the
circulation water first, and then is pumped into the absorbers and condensers of AHPs to be heated
further, and finally is pumped into the steam-water heat exchanger to be heated by the steam to the
supply temperature, for this case,110℃. By using the circulation water HEs and the AHPs, the heat
of the waste steam can be recovered, which can make the total supply heat increased 30% or to
save the extracted steam to generate more electricity to supply the same quantity of heat.
Furthermore, the transportation temperature difference of the primary hot water is also enlarged to
be 1.6 times of that for common CHP systems, the heat transportation ability of the primary hot water
network is increased 60%. Compared the T-Q charts with the common system, the entransy
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dissipation of the heat transfer processes in the AHP and the AHE process are both decreased
significantly. This kind of novel CHP system using AHEs have been applied in several real largescale projects in China (Sun, 2014).

Figure 4: Condensed waste heat recovery system using AHEs

(a)AHP process in CHP plant

(b) AHE process in terminal thermal stations

Figure 5: Heat transfer processes in T-Q chart for the new CHP systems

3.2.

AHEs for Long Distance Heat Transportation

Another important application of AHEs is to recover industrial waste heat as the heat source of district
heating systems. The industrial waste heat at 30~80℃ takes a big part of the total industrial waste
heat, while very hard to recover according to its low grade. However, this part of waste heat can be
the heat source for district heating system. As the waste heat is always far from the buildings, it is
needed to be transported for a long distance. Thus, a novel system using the two types of AHEs is
prompted (Xie and Jiang, 2017), as shown in Fig. 6.

Figure 6: AHEs for long distance heat transportation
For this system, the AHEs of type II are applied at the industry plants to recover the waste heat and
to transform the heat from low in-out temperature difference to high in-out temperature difference,
as Fig. 6 shows, from 5K to 65K. Then, the hot water with high in-out temperature difference is
transported through the primary hot water network with long distance to the terminal thermal stations.
At the thermal stations, the AHEs of type I are applied to transfer heat from the primary hot water
network to the secondary hot water side for building use, and meanwhile to transform the heat from
high in-out temperature difference to low in-out temperature difference, as Fig. 6 shows, form 65K
to 10K, as the hot water with high flow rate and low in-out temperature difference is needed for
heating of buildings. The higher the transportation temperature difference(TTD) of the primary hot
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water network, the longer the transportation distance can be realized. The TTD of the primary hot
water network depends on the temperature efficiency of the two types of AHEs and the temperature
difference between the inlet temperature of the waste heat and the inlet temperature of the
secondary hot water (Xie and Jiang, 2017), as shown by Eqs. (4)~Eq. (5).
TTD=K(ts,in-tr,in)
K=

Eq. (4)

1

Eq. (5)

1
1
+ −1
𝜀𝐼 𝜀𝐼𝐼

Where ts,in represents the inlet temperature of the industrial waste heat, tr,in represents the inlet
temperature of the secondary hot water, εI and εII respectively represents the temperature efficiency
of the two types of AHEs. K is called the amplifying factor, which represents the amplification of the
TTD of this system compared with the limit TTD of common system using only common heat
exchangers.
The higher the temperature efficiency of the AHEs, the higher the TTD, and the amplifying factor K
can reach 1.5~2.
This new system can be used for CHP system using backpressure turbine, as Fig. 7a shows. The
AHEs of type II are installed at the CHP plants and the AHE of type I are applied at the thermal
stations. Using the novel system, the condensing temperature of the waste steam can be decreased
to 75 ℃ to realize a 65K TTD of the primary hot water network.

(a) System principle

(b)T-Q chart

Figure 7: AHEs system applied in CHP systems using backpressure turbine

Fig. 7b shows the T-Q chart of this system. The comparison results with the common system is also
given by Fig. 7(b). The common system is composed of just common heat exchangers between the
waste steam and the primary hot water and between the primary hot water and the secondary hot
water. To get the same TTD of the primary hot water network, the condensing temperature of the
waste steam for the common system is at 115℃. Thus, using the novel AHEs system, the
condensing temperature of the waste steam can be 40 K lower, by which to generate more
electricity.
This kind of system can also be used for heating system of swimming pool nuclear reactor to realize
long distance transportation of the nuclear reactor heat for buildings heating, as shown in Fig. 8,
which well meets the demand of long distance of the nuclear reactor from the cities.

Figure 8: T-Q chart of AHEs system for district heating of backpressure turbine
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3.3.

Absorption Heat Exchangers for Fast Cooling Processes

The AHEs can also be used for fast cooling processes in chemical industry processes, food cooling
processes and so on. The principle of the common fast cooling processes is shown in Fig. 9, to cool
the material with high temperature (95℃) to low temperature (18℃), the mechanical chiller is used
to produce cold water with temperature (15℃) lower than the demanded outlet temperature of the
material. The cooling process is also shown in the T-Q chart, from which we can see that it is an
extremely unmatching heat transfer process. Thus, using the first type of AHE, as Fig. 10 shows, the
mechanical chiller can be cancelled, the cold water with temperature lower than the demanded outlet
temperature of the material can be produced by the AHE with the other side to be only cooling water
(30~35℃). By decreasing the entransy loss of the extremely unmatching heat transfer processes,
the cooling source temperature can be lifted to realize the same cooling demand of the material.

Figure 9: Common fast cooling system using mechanical chillers

Figure 10: Novel fast cooling system using AHEs

4. DEVELOPMENT OF ABSORTPION HEAT EXCHANGERS
Different scales of real devices of AHEs have been developed, as Fig. 11 shows, the heat transfer
quantity is from 200kW~10MW. These developed AHEs have been applied in real projects in China,
such as the long distance heat supply system of Taiyuan Gujiao CHP plant, the building type heating
system using in Chifeng city, Huhehaote city, Qianxi city and so on.

200kW

1MW

2MW
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6MW

8MW

10MW

Figure 11: Different scales of developed AHEs

The testing performance of the different scales of AHEs are shown in Table 1, which indicates that
the developed AHEs are running well in real projects.
Table 1: Testing performance of AHEs using in Taiyuan Gujiao project

Scales of AHE

Load rate

εI

t1,in

t1,o

t2,in

t2,o

1MW
2MW
6MW
8MW

29%
31.1%
43.3%
48.92%

1.263
1.339
1.32
1.363

103.6
107.6
106.8
112.9

29.2
19.8
19.8
20.1

44.7
42.3
40.9
44.8

50
49.3
50.9
53.7

Where t1,in represents the inlet temperature of the primary hot water, t1,o represents the outlet
temperature of the primary hot water, t2,in represents the inlet temperature of the secondary hot water,
t2,o represents the outlet temperature of the secondary hot water.

5. CONCLUSIONS
As important waste heat recovery and heat transformation devices, AHEs have been used in more
and more real applications, especially to realize un-matching heat transfer problem. Several real
applications of AHEs are concluded in this paper, these are:
1. Using the first type of AHE combined AHP system to recover the waste steam heat of CHP plants
to significantly decrease the entransy dissipation of common systems, which can make the
supply heat increased 30% and the heat transportation ability of the primary hot water network
increased 60%.
2. Using the two types of AHEs to realize low grade heat long distance transportation, which can
applied in backpressure CHP plants to decrease the backpressure to generate more electricity,
the swimming pool nuclear reactor heating systems and so on, the TTD of the primary hot water
can be amplified to 1.5~2 times of that for common systems
3. Using the first type of AHE to realize industry fast cooling system, which can make the
mechanical chiller be cancelled and just using cooling tower to save the electricity.
4. Different scales of AHEs have been developed and applied in real projects, from the testing
results, the temperature efficiency of the developed AHEs was reaching 1.26~1.36, which
indicates good performance of the developed devices.
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NOMENCLATURE
AHE
AHP

Absorption heat exchanger
Absorption heat pump

subscripts
I
The first type of AHE
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CHP
K
m
TTD
t
ε

Combined heating and power
Amplifying factor
flow rate ratio
Transportation temperature
difference (K)
temperature (℃)
Temperature efficiency

II
1
2

The second type of AHE
Primary hot water
Secondary hot water

in

inlet

o

outlet
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ABSTRACT
This study examines the effect of surface roughness on the heat transfer efficiency factor in a thermal
energy storage system employing microencapsulated phase change material (MEPCM) slurry. The
heat transfer efficiency factor is defined as the mean Nusselt number ratio for a MEPCM slurry with
and without surface roughness. The model employed is applicable to a laminar and
hydrodynamically fully developed MEPCM slurry flowing inside a tube using a two-dimensional
convective heat transfer model. The surface roughness effect was incorporated into the model using
a surface enlargement function defined as the surface area ratio of a MEPCM with and without
surface roughness. A range of surface enlargement values were used to calculate the heat transfer
efficiency factor under a host of conditions. Results show that as the surface roughness of the
MEPCM’s increases, the heat transfer efficiency factor decreases. This result emphasizes the need
to incorporate surface roughness into MEPCM slurry models in order to avoid over-predicting the
heat transfer rate in such systems.
Keywords: Energy Efficiency, Energy Storage, Heat Transfer, Nusselt Number, Phase-Change
Material, Roughness, Suspension, Thermal Storage.

1. INTRODUCTION
It is estimated that in 2030, solar energy will be able to cover 50% of low and medium temperature
heating demand within Europe (Heating, 2009). Solar thermal collectors are among the many
components employed for heat collection in a solar energy system (Serale et al., 2015; Serale et al.,
2016). Solar collectors have been a topic of research and development for a very long time (Hottel
and Woertz, 1942). Unfortunately, one of the main difficulties facing the widespread utilization of
solar thermal collectors is finding more effective means to store thermal energy.
Energy storage in general can be utilized to reduce or eliminate peaks of electricity demand during
peak operating hours (Delgado et al., 2012). Electric energy storage and hydro storage are among
the most common forms of energy storage that are currently available with many studies to back
them up. Thermal energy storage is also among those main forms of energy storage and it has many
promising benefits and various potential thermal energy applications. Thermal energy storage is
either available as sensible heat storage or latent heat storage. Currently, latent heat storage is
receiving so much attention due to its advantages that include having higher thermal storage
capacity along with its ability to store heat within a relatively small temperature range because of
phase change (Goel et al., 1994).
These latent energy storage systems use phase changing materials (PCMs) for thermal storage.
Many studies have been conducted to improve PCMs and one of the means of improvement is to
encase them in protective capsules. These capsules serve the purpose of improving heat transfer
by increasing the surface area and preventing the PCM from leaking when existing in the liquid
phase, thus making it a lot easier to handle (Nomura et al., 2015; Telkes, 1980). Additional
improvement to the heat transfer can be achieved by microencapsulating the PCM which would
make it possible to mix the latter with a carrier fluid. This will make them usable as a heat transfer
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fluid in a large number of applications (Nomura et al., 2015). These fluids are called suspensions or
slurries and they combine the advantages of both heat transfer and energy storage media
(Charunyakorn et al., 1991) because of the phase changing materials contained within them and
because of the fact that during phase change, these slurries have a much higher specific heat than
single phase fluids (Hu and Zhang, 2002). Slurries can also help reduce pumping power due to their
higher heat capacity (Kasza and Chen, 1982). Higher heat capacities will help transport larger
amounts of heat with smaller flow rates, and hence smaller pumping power. Many studies have been
done to understand the heat transfer behavior of such slurries for different materials and conditions
(Roy and Sengupta, 1991) both experimentally (Goel et al., 1994) and numerically (Charunyakorn
et al., 1991; Hu and Zhang, 2002; Zhang and Faghri, 1995; Zhang et al., 2003). They resulted in
promising improvements and deeper understanding of this field along with many potential
applications that are in need of such technologies including solar energy (Serale et al., 2015; Serale
et al., 2016), HVAC (Wang and Niu, 2009) and heat exchangers (Gschwander et al., 2005; Hu and
Zhang, 2002).
The main purpose of the study upon which this paper partly reports is to look at the problem of
modelling the heat transfer behavior of microencapsulated phase change material slurries by
examining the effect of surface roughness of the micro particles in the slurry. The effect of surface
roughness on heat transfer has become an interesting field of research and is gaining popularity
among researchers. Many studies have already been done to investigate surface roughness effect
with insightful results (Achenbach, 1977; Dierich and Nikrityuk, 2013). Existing theoretical models
are expected to explain physical behavior, but one of the factors that seems to have been neglected
in many of these models is the surface roughness of the object being studied and how it could
increase the overall surface area of that object, thus affecting its heat transfer characteristics (Dierich
and Nikrityuk, 2013, 2010) In this work, an attempt will be made to quantify the effect of surface
roughness on the heat transfer characteristics

2. ANALYSIS
The model used in this study to numerically simulate the forced convective heat transfer of a
microencapsulated phase change material (MEPCM) slurry, as demonstrated in Figure 1 and Figure
2, is based on the combined work of (Charunyakorn et al., 1991) along with that of (Alisetti and Roy,
2000) and (Zhang et al., 2003) regarding the effective specific heat model and the modified Nusselt
number. The model was then coupled with the approach of (Dierich and Nikrityuk, 2013) to
incorporate the effect of the thickness of the roughness layer.

Figure 1: Slurry with microencapsulated phase change material flowing inside a tube.
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Figure 2: Microencapsulated phase change material particle.

The model employs the following assumptions (Zhang et al., 2003): (a) incompressible fluid; (b)
continuum; (c) nuclear, electromagnetic and radiation energy transfers are neglected; (d) the slurry
is flowing in a circular tube in fully developed flow; (e) phase change occurs between the
temperatures T1 and T2; (f) the volumetric concentration is kept below 25% to ensure the validity of
the Newtonian fluid assumption (Rutgers, 1962) and (Charunyakorn et al., 1991); (g) Ti ≤ T1; (h)
uniform distribution of the micro particles in the slurry; (i) both axial conduction and viscous
dissipation are neglected; (j) no heat generation in the flow; (k) all thermophysical properties are
constant except the specific heat which is temperature-dependent during phase change; (l) the
MEPCM slurry is homogeneous but the thermal conductivity is a function of the local shear and
varies across the flow; and (m) the drag effect due to the micro particle surface roughness is
neglected (Dierich and Nikrityuk, 2013). The two-dimensional steady state energy equation is used
in cylindrical coordinates (x, r) as given by (Zhang et al., 2003)
𝜌𝑏 𝐶𝑝,𝑏 (𝑢

𝜕𝑇
1𝜕
𝜕𝑇
)=
(𝑟𝑘𝑒 )
𝜕𝑥
𝑟 𝜕𝑟
𝜕𝑟

With the following boundary conditions, 𝑇|𝑥=0 = 𝑇𝑖 ,

𝜕𝑇
|
𝜕𝑟 𝑟=0

Eq.(1)

= 0 and 𝑇|𝑟=𝑟0 = 𝑇𝑤 . The effective thermal

conductivity of the slurry 𝑘𝑒 (Charunyakorn et al., 1991) is calculated using 𝑘𝑏 from Maxwell’s
relation (Maxwell, 1954) as given by
𝑘𝑝
𝑘𝑝
+ 2𝑐 ( − 1)
𝑘𝑓
𝑘𝑓
𝑘𝑏 = 𝑘𝑓 ∙
𝑘
𝑘
2 + 𝑝 − 𝑐 ( 𝑝 − 1)
𝑘𝑓
𝑘𝑓
2+

Eq.(2)

The conductivity enhancement factor 𝑓 (Charunyakorn et al., 1991) is given by
𝑚

𝑟𝑝0 2
𝑓 =1+
= 1 + {𝐵𝑐 8 [𝑃𝑒𝑓 ∙ ( ) ] ∙ (𝑟 ∗ )𝑚 }
𝑟0
2
𝑟𝑝0
2𝑟0 𝑢𝑚
𝑃𝑒𝑝 = [8 ∙ 𝑃𝑒𝑓 ∙ ( ) ∙ 𝑟 ∗ ] , 𝑃𝑒𝑓 = (
)
𝑟0
𝛼𝑓
𝐵 = 3.0,
𝑚 = 1.5,
𝑃𝑒𝑝 < 0.67
𝐵 = 1.8,
𝑚 = 0.18,
0.67 ≤ 𝑃𝑒𝑝 ≤ 250
1
𝐵 = 3.0,
𝑚=
,
𝑃𝑒𝑝 > 250
{
11
𝐵𝑐𝑃𝑒𝑝𝑚

𝑚

Eq.(3)

The modified Nusselt number is given by
𝑁𝑢𝑥 =

"
ℎ𝑚 ∙ 2𝑟0
2𝑟0 𝑞𝑤
=
𝑘𝑏
𝑘𝑏 (𝑇𝑤 − 𝑇𝑖 )
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The dimensionless boundary conditions are
𝜃|𝑥 ∗ =0 = 0 ,

𝜕𝜃
=0,
|
𝜕𝑟1 𝑟∗ =0

𝜃|𝑟∗ =1 = 1 = 𝜃𝑤

Eq. (5)

Thus, the dimensionless energy equation becomes
𝐶𝑝∗ ∙ (1 − 𝑟 ∗ 2 ) ∙

𝜕𝜃
𝜕2𝜃
𝜕𝑓 𝜕𝜃
= 2𝑓 ∗ 2 + ∗ ∗
∗
𝜕𝑥
𝜕𝑟 𝜕𝑟
𝜕𝑟

Eq. (6)

The correlation for variable specific heat during phase change (Alisetti and Roy, 2000) is given by
•

𝐹𝑜𝑟 𝜃 < 𝑀𝐿 𝑜𝑟 𝜃 > 𝑀𝐿 + 𝑀𝑟
𝐶𝑝∗ = 1

•

Eq. (7)

𝐹𝑜𝑟 𝑀𝐿 ≤ 𝜃 ≤ 𝑀𝐿 + 𝑀𝑟
𝐶𝑝∗ = 1 +

𝜋
1
𝐶𝑝,𝑠
𝜃 − 𝑀𝐿
(
− 𝑐𝑚𝑎𝑠𝑠 ∙
) ∙ 𝑠𝑖𝑛 (𝜋 ∙
)
2 𝑆𝑡𝑒 ∙ 𝑀𝑟
𝐶𝑝,𝑏0
𝑀𝑟

Eq. (8)

The properties of water, microencapsulated phase change materials and slurry for different MEPCM
concentrations are as reported by Goel et al. (Goel et al., 1994). Whereas the values of the relevant
parameters are as reported by Zhang et al. (Zhang et al., 2003). The energy equation is solved using
the finite difference method in MATLAB. The discretization of that equation is done according to the
finite difference method using forward differencing in the axial direction and central differencing in
the radial direction (Zhang et al., 2003) with a grid step of ∆𝑥 ∗ = 0.0005 and ∆𝑟 ∗ = 0.025. The
modified Nusselt number is then used along with the dynamic viscosity ratio (Goel et al., 1994) and
(Charunyakorn et al., 1991) to calculate the mean Nusselt number. The dynamic viscosity ratio is a
correction factor used to account for the higher bulk viscosity of the slurry with the micro particles
when compared to a slurry without the micro particles under the same conditions. The mean Nusselt
number with the correction factor can be expressed as follows (Charunyakorn et al., 1991):
𝑁𝑢𝑎𝑣

𝜇𝑏
=( )
𝜇𝑓

0.14

∗

1 𝑥
∙ ∗ ∫ 𝑁𝑢𝑥,𝑚 𝑑𝑥 ∗
𝑥 0

Eq. (9)

The surface roughness effect can then be incorporated into the model by using the modified heat
transfer efficiency factor 𝐸𝑓 (Dierich and Nikrityuk, 2013). The latter quantity represents the ratio of
the mean Nusselt number of the slurry with surface roughness 𝑁𝑢𝑎𝑣 to that without the surface
0 . The surface enlargement 𝑆 (Dierich and Nikrityuk, 2013) is the ratio of the surface
roughness 𝑁𝑢𝑎𝑣
𝑒𝑓
area of the micro particle with surface roughness 𝑆𝑟𝑜𝑢𝑔ℎ to that without surface roughness 𝑆0 . The
surface roughness effect is then incorporated into the model using the following equation:
𝑚

𝑓 = 1 + [𝐵𝑐 8𝑚 (𝑆𝑒𝑓 ) (𝑟 ∗ )𝑚 ]

Eq. (10)

The behavior of the heat transfer efficiency factor 𝐸𝑓 with the surface enlargement 𝑆𝑒𝑓 is then plotted
for a range of values as will be discussed in the following section. This is done by repeatedly solving
the model in MATLAB for each single value of the surface enlargement 𝑆𝑒𝑓 to get the corresponding
value of the heat transfer efficiency factor 𝐸𝑓 . The resultant plots will be shown to demonstrate how
the change in the thickness of the roughness layer affects the mean Nusselt number and the
convection heat transfer.
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3. RESULTS
Fig. 3 shows contours of the dimensionless temperature of the slurry without the surface roughness
effect as the slurry enters the tube with an inlet temperature and as it is subjected to heating under
a constant tube wall temperature.

Figure 3: Contours of the dimensionless temperature 𝜽 as a function of 𝒙∗ and 𝒓∗ .

Fig. 4 displays a similar behavior to that reported by both Zhang et al. (Zhang et al., 2003) and Alisetti
and Roy (Alisetti and Roy, 2000), with some differences in their respective results. Many qualification
runs were conducted for the model presented in this work for different mesh sizes and boundary
conditions, and higher-order finite differencing methods to investigate whether or not the differences
observed among the three models are physical or are caused by non-physical effects. Quantitatively
speaking, a calculated average difference of 27.8% was observed between the present model and
that of Alisetti and Roy (Alisetti and Roy, 2000), while an average difference of 36.7% was observed
relative to that of Zhang et al. (Zhang et al., 2003).
An explanation of the above differences can be given by further looking into the model used in this
study by itself. This model can basically be viewed as a compilation of three modules. The first
module pertains to how the model used by (Charunyakorn et al., 1991) treated the dimensionless
energy equation [given by Eq. (6)], the definition of the dimensionless axial coordinate, the dynamic
viscosity ratio which was used as a correction factor [see Eq. (9)], and the correlation used for the
effective thermal conductivity 𝑘𝑒 . The second module pertains to the effective specific heat model
developed by Alisetti and Roy (Alisetti and Roy, 2000) as given by Eq. (8). Specifically, it pertains to
incorporating the effect of phase change into the model. The third module pertains to using the
approach developed by Zhang et al. (Zhang et al., 2003) for the modified Nusselt number as given
by Eq. (4). Specifically, they used the modified Nusselt number along with the effective specific heat
model developed by Alisetti and Roy (Alisetti and Roy, 2000) to numerically solve their problem. It is
important to note that the modified Nusselt number reported by Zhang et al. (Zhang et al., 2003) was
introduced to account for the fact that they used the inlet fluid temperature instead of the bulk mean
temperature. Typically, the bulk mean temperature of the fluid incorporates the specific heat in its
definition, which in this case is a variable quantity during the phase change process. Thus, their
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attempt to avoid dealing with the bulk mean temperature to avoid the variability of the specific heat
during the phase change process had to be somehow corrected for. Unfortunately, verification of the
model was not possible because there are no available analytical solutions for the problem due to
the complexity of the model (Alisetti and Roy, 2000). Also, the available experimental data for laminar
flows are limited to the constant heat flux boundary condition case. Furthermore, whatever data that
may be available should only be used for qualitative comparisons because the degree of subcooling
for all the known experiments is not known in an exact way (Alisetti and Roy, 2000).

Figure 4: Comparison of model results with those of Alisetti and Roy (Alisetti and Roy, 2000) and
Zhang et al. (Zhang et al., 2003)

The heat transfer efficiency factor which ranges from 0 ≤ 𝐸𝑓 ≤ 1 has been calculated for a range of
values of the surface enlargement which ranges from 1 ≤ 𝑆𝑒𝑓 ≤ 1.5 to quantify the behavior of the
slurry. The results are shown in Fig. 5 and Fig. 6. As expected, the heat transfer efficiency factor 𝐸𝑓
decreases as the surface enlargement 𝑆𝑒𝑓 increases. This means that the Nusselt number of the
slurry with surface roughness is less than that of a slurry without surface roughness. The reason is
related to the fact that for the case of the MEPCM slurry, the thermal conductivity is not constant and
is represented by the effective conductivity, 𝑘𝑒 . Also, the effective conductivity is related to the
conductivity enhancement function 𝑓 which was modified to include the surface roughness effect as
in Eq. (10).

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4912

Figure 5: Effect of the Stefan number 𝑺𝒕𝒆 on the heat transfer efficiency factor 𝑬𝒇 as a function of the
surface enlargement 𝑺𝒆𝒇 .

Figure 6: Effect of the volumetric concentration 𝒄 on the heat transfer efficiency factor 𝑬𝒇 as a
function of the surface enlargement 𝑺𝒆𝒇 .

Fig. 7 shows how the values of the conductivity enhancement function 𝑓 increase as the surface
enlargement 𝑆𝑒𝑓 increases. An increase in the conductivity enhancement function results in an
increase in the effective thermal conductivity 𝑘𝑒 of the slurry, which in turn causes an increase in the
heat transfer by conduction in the slurry. This results in a decrease in the value of the mean Nusselt
number for the slurry with the surface roughness effect.
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Figure 7: Effect of the surface enlargement 𝑺𝒆𝒇 on the conductivity enhancement function 𝒇.

The aforementioned behavior conforms with the behavior observed in the study conducted by
(Dierich and Nikrityuk, 2013), despite the major differences in their analysis relative to that reported
here. It is important to point out that the analysis of (Dierich and Nikrityuk, 2013) employed a different
model and solution technique for the problem, and that their control surface was the cylindrical
particle itself. This is fundamentally different than the control surface used here; namely the slurry
with the suspended micro particles. Also, the heat transfer efficiency factor 𝐸𝑓 used in their study
was based on the surface averaged Nusselt number of the cylindrical particle which is different than
the mean Nusselt number of the slurry employed here. The effect of changing different parameters
on the heat transfer efficiency factor 𝐸𝑓 has been investigated and plotted. The Stefan number 𝑆𝑡𝑒
effect on the heat transfer efficiency factor 𝐸𝑓 is shown in Fig. 5. Several Stefan number values were
used and the results show that 𝐸𝑓 reaches its lowest values for the case when 𝑆𝑡𝑒 = 2. This signifies
a much higher difference between the values of the mean Nusselt number of the slurry with surface
roughness and the slurry without surface roughness.
The aforementioned behavior is caused by the fact the MEPCM particle consists of two parts, a
capsule and a PCM core, as shown in Fig. 2. The PCM core is made of a phase changing
hydrocarbon called 𝑛 − 𝑒𝑖𝑐𝑜𝑠𝑎𝑛𝑒 (𝐶20 𝐻42 ) (Goel et al., 1994) that is more susceptible to be affected
by latent heat than by the sensible heat. This is not the case for the capsule since it is made from an
𝑎𝑚𝑖𝑛𝑜 𝑓𝑜𝑟𝑚𝑎𝑙𝑑𝑎ℎ𝑖𝑑𝑒 𝑟𝑒𝑠𝑖𝑛𝑜𝑢𝑠 𝑤𝑎𝑙𝑙 that doesn’t undergo phase change and therefore it is more
susceptible to be affected by sensible heat than latent heat. Furthermore, the capsule wall is the part
that is affected by the surface roughness which further increases its susceptibility to be affected by
sensible heat (as opposed to latent heat). So, by combining both effects of a high Stefan number
(Ste=2) relative to the other values, and increasing the surface roughness of the capsule wall, this
will eventually cause a more profound reduction in the mean Nusselt number of the slurry with
surface roughness which will eventually result in a much lower value of the heat transfer efficiency
factor 𝐸𝑓 as demonstrated in Fig. 5.
Figure 6 displays the effect of the volumetric concentration 𝑐 on the heat transfer efficiency factor 𝐸𝑓 .
Three values of the volumetric concentration were used, 𝑐 = 0.1, 𝑐 = 0.15 𝑎𝑛𝑑 𝑐 = 0.2. It appears that
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𝐸𝑓 reaches its lowest values for the case with 𝑐 = 0.2 which is a slurry with 20% concentration of
MEPCM particles. This is caused by the fact the volumetric concentration 𝑐 has a direct effect on the
value of the conductivity enhancement function as given by Eq. (10). Also, as the concentration
increases, 𝑓 will also increase. This causes an increase in the thermal conductivity which further
lowers the mean Nusselt number of the slurry. There is however what seems to be an abnormal
behavior in both Fig. 5 and Fig. 6 where there is a sharp increase in the value of the heat transfer
efficiency factor at approximately 𝑆𝑒𝑓 = 1.12. This behavior requires further investigation as it could
be caused by the possible inability of the available models to fully simulate the behavior of the
MEPCM slurry with the added surface roughness effect.

4. CONCLUSIONS
An investigation has been conducted to study the effect of the surface roughness of
microencapsulated phase change materials (MEPCM) that are suspended in a slurry that is both
laminar and hydrodynamically fully developed flowing inside a tube with a constant wall temperature.
The main performance parameters in the study are the heat transfer efficiency factor 𝐸𝑓 and the
surface enlargement 𝑆𝑒𝑓 . The model described in this paper was developed incorporating the
analyses of (Charunyakorn et al., 1991), (Zhang et al., 2003) and (Alisetti and Roy, 2000) for the
MEPCM slurry along with the analysis of (Dierich and Nikrityuk, 2013) in incorporating the surface
roughness effect. Verification of the model used in this study agrees qualitatively with (Zhang et al.,
2003) and (Alisetti and Roy, 2000) but not quantitatively due to the differences between the models.
However, the overall behavior of the main parameters were as expected and in line with those of
(Dierich and Nikrityuk, 2013), despite the major differences in the analysis. The results showed that
the heat transfer efficiency factor decreases as the surface enlargement increases. This means that
as the surface roughness increases, the mean Nusselt number of the slurry decreases. The effect
of the Stefan number and the volumetric concentration c on the heat transfer efficiency factor were
also investigated and the results showed that the heat transfer efficiency factor reaches its lowest
values when either or both Ste or 𝑐 increase. This typically results in a further decrease in the mean
Nusselt number of the slurry with the surface roughness.
The results reported here emphasize the importance of accounting for surface roughness effects.
Not doing so risks over-predicting the heat transfer rate. This seems to have been a pervasive
problem in a good number of past studies. Future studies should take surface roughness into their
consideration in order to develop better models and get more realistic results. Also, more research
should be done to develop specific geometric surface roughness models that could map the
topography of the particle in order to find more accurate methods to incorporate the surface
roughness effect in the heat transfer equations. Last but not least, more experimental studies should
be done to present the actual values of the surface roughness layer and its thickness for various
materials.
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NOMENCLATURE
Latin Symbols
𝑐
𝑐𝑚𝑎𝑠𝑠

volumetric concentration of
micro particles
mass concentration of micro
particles

𝑇
𝑇1

temperature (K)
lower phase change temperature limit (K)
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𝐶𝑝

specific heat (kJ×kg-1×K-1)

𝑇2

upper phase change temperature limit (K)

𝐶𝑝∗

dimensionless specific heat
𝐶
𝐶𝑝∗ = 𝐶 𝑝,𝑏

𝑇𝑖

Inlet temperature of slurry (K)

heat transfer efficiency factor
𝑁𝑢
𝐸𝑓 = 𝑁𝑢𝑎𝑣
0

𝑢

axial velocity (m×s-1) 𝑢 = 2𝑢𝑚 [1 − (𝑟 ) ]

𝑝,𝑏0

𝐸𝑓

𝑎𝑣

𝑓
ℎ𝑓𝑠
ℎ𝑚
𝑘

conductivity enhancement
function
phase change material latent
heat of fusion (kJ×kg-1)
modified convective heat
transfer coefficient
thermal conductivity (W×m 1
×K-1)
effective thermal conductivity
of slurry (W×m -1×K-1) 𝑘𝑒 = 𝑓𝑘𝑏 .
dimensionless initial
𝑇 −𝑇
subcooling 𝑀𝐿 = 𝑇1 −𝑇𝑖

𝑢∗
𝑥
𝑥∗

𝑟 2
0

dimensionless axial velocity 𝑢 ∗ =
axial coordinate, m

𝑥

dimensionless axial coordinate 𝑥 ∗ = 𝑟 ∙𝑅𝑒∙𝑃𝑟
0

thermal diffusivity (m2×s-1)

𝜃

dimensionless temperature 𝜃 =

dimensionless phase change
𝑇 −𝑇
temperature range 𝑀𝑟 = 𝑇2 −𝑇1

𝜇

dynamic viscosity (N×s×m -2)

Nux,m

modified local Nusselt number

𝜈

kinematic viscosity (m2×s-1)

Nuav

mean Nusselt number

𝜌

Density (kg×m 3)

ML

𝑤

Mr

𝑖

𝑤

Nuav,s
Nu0av
Pe
Pr
𝑟
𝑟0
𝑟𝑝
𝑟𝑝0
𝑟𝑝𝑠
𝑟∗

𝛼𝑏0

𝑘𝑏

radial coordinate (m)
tube radius (m)
micro particle radius (m)
micro particle radius without
surface roughness (m)
micro particle radius with
surface roughness (m)
dimensionless radial
𝑟
coordinate 𝑟 ∗ =
𝑟0

Re
𝑆𝑒𝑓
𝑆
Ste
𝑆0
𝑆𝑟𝑜𝑢𝑔ℎ

Reynolds number 𝑅𝑒𝑏 =

2𝑟0 𝑢𝑚
𝜈𝑏

surface enlargement 𝑆𝑒𝑓 =
𝑆𝑟𝑜𝑢𝑔ℎ
𝑆0

𝑟

= (𝑟𝑝𝑠 )

2

𝑇−𝑇𝑖
𝑇𝑤 −𝑇𝑖

𝑖

mean Nusselt number with
surface roughness effect
mean Nusselt number without
surface roughness effect
Peclet number
𝜈
Prandtl number 𝑃𝑟𝑏0 = 𝑏 =
𝜌𝑏 𝐶𝑝𝑏0 𝜈𝑏

𝑏0

Greek Symbols
𝛼

𝑘𝑒

𝑢
𝑢𝑚

Subscripts
𝑏
𝑏0

bulk fluid (slurry)
slurry without phase change

𝑙

liquid

𝑠
𝑓
𝑝

solid
suspending fluid
microcapsule particle

𝑤

tube wall

𝑥

local

𝑚

modified

𝑝𝑠

particle with surface roughness

𝑝0

particle without surface roughness

𝑝0

surface area (m 2) 𝑆 = 4𝜋𝑟 2
𝑒
effective
Stefan number
Superscripts
micro particle surface area
*
Dimensionless
without surface roughness (m 2)
micro particle surface area with
0
Without surface roughness effect
surface roughness (m 2)
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ABSTRACT
This paper presents experimental operation of a heat pump water heater (HPWH) at various draw
rates to investigate the effect of tank stratification on system performance.
Measurements are made both on refrigerant and water sides. Exergy analysis and mixing coefficient
were introduced to characterize tank stratification. Performance is evaluated based on COPsys and
recovery efficiency as measures. Results show that with increase of draw rate, stratification worsens
causing higher condensing temperature, which results to lower system performance.
Three-Dimensional Computational Fluid Dynamics (CFD) method was introduced to describe and
explore the thermal tank numerically. The results from experiments for effect of draw rate on
stratification agrees with CFD results.
Performance of HPWHs is strongly influenced by the thermal stratification in the water tank.
Destratification and mixing is more pronounced as draw rate increases. Improvement options are
discussed that can improve performance with asymptotic approach to a perfectly stratified tank.
Keywords: CFD, COP, Entropy, Exergy, Heat Pump Water Heater, Mix, Stratification.

1. INTRODUCTION
Heat pump water heaters (HPWHs) are increasingly used for residential heating applications. They
offer higher efficiency than conventional electric resistance water heaters and reduce the energy
consumption. Therefore, HPWH is a more environmentally friendly surrogate for residential heating.
Numerous research has been conducted on the performance of HPWHs with various complex
parameters, such as the working fluid, tank size, water draw flow rate, heat exchangers, etc. Various
analysis approach has been developed, such as the entropy generation, exergy loss and energy
analysis, for individual components as well as the whole HPWH system.
One of the questions is to find a good design on the tank side that would provide good efficiency at
various user patterns. After certain amount of hot water has been used and replaced with cold water
at a certain flow rate, it is of interest to investigate how much electricity is needed to bring the water
temperature in the tank back to the temperature before consumption and how the water usage
amount and the draw rate affect the energy efficiency.

2. EXPERIMENTATION
2.1 Experimental Facility
Fig. 1 and Fig. 2 illustrate a schematic drawing of the HPWH system and the experimental setup. It
is a modified facility from Li and Hrnjak (2018). The experimental facility is instrumented on the base
of a residential heat pump water heater unit, which contains an evaporator, a low-pressure side
accumulator, a back pressure reciprocating compressor, an electronic expansion valve, a wraparound coil condenser, and a water tank. R134a was chosen as the refrigerant and POE 22 is used
for the compressor. The condenser has two parallel aluminium coil tubes which are wrapped around
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the stainless-steel tank wall. The capacity of the water tank is 250 liters.

Figure 1: Schematic drawing of the HPWH system

Figure 2: Experimental Setup

Thermo
sensor
Heating/
element

Thermo
sensor
Heating/
element

Wrap,around/
condenser/coils

Figure 3: Thermo sensors and heating elements in the HPWH

Figure 4: Locations of various elements

Fig. 3 shows the original design for this HPWH unit contains two immersed electric resistance
heating elements to operate instead of heat pump system when demand or temperature difference
exceeds ability of the heat pump to supply hot water. For research purpose, the heating elements
have been removed, so that the water heating process only depends on the vapor-compression
cycle.
Fig. 4 shows that 28 Thermocouples are put in the water tank to monitor the temperature change
during the operation, 10 of them are placed vertically with 10cm interval, rest are placed horizontally
at two levels: 27 and 76cm above the bottom.
2.2 Experimental Procedures

Figure 5: Experimental procedures
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Fig. 5 shows the experimental procedures. First, fill the tank with cold water at 25℃, set the setpoint at 50℃. Then run the heat pump until it cut off automatically. A 15-minute standby period is
followed by a given gallon water draw with constant draw rate, at the same time refill the tank with
cold water to keep tank full at all time. During the draw period, when the sensor temperature
decreases to the recovery point, the heat pump automatically restarts by its controller, the system
heats up until it reaches to the set point and shuts off again.
2.3 Methods for Characterizing Tank Mixing
The stream of cold water entering the hot storage tank through the inlet port causes turbulent mixing
and entrainment of surrounding region close to the tank entrance, even when the water is being
charged at a relatively low velocity.
Mixing with different temperatures always results in entropy generation and exergy loss (Haller et
al., 2010). When storage tank is maintaining better stratification, less entropy and exergy loss is
generated (Haller et al., 2010). Therefore, entropy generation and exergy loss have been conducted
here to characterize the “usefulness” of the energy stored in the tank. The specific exergy can be
quantified according to the Eq. (1) and (2). And the values for each of the ten thermocouples were
summed up to represent the exergy stored in the tank.
𝑠
𝐸/ #$%& =

#$%&

=

%
()* 𝐸/(

=

%
()* 𝑠(
%
()*

=

% +
()* ,

-

ℎ( − ℎ2 − 𝑇2 𝑠( − 𝑠2

Eq. (1)
Eq. (2)

Mixing causes the loss of capacities during the draw period. Mixing coefficient is defined to express
two dimensionless numbers, Richardson and Reynolds number, as it shown in Eq. (3) and (4). A
higher mixing coefficient indicates greater mixing in the thermal storage tank (Nelson, et al., 1999).
𝑍 = 1.688×10; (
𝑅𝑖 =

<= 2.?@
)
<(

𝑔𝛽 𝑇𝑖𝑛𝑖𝑡𝑖𝑎𝑙 −𝑇𝑖𝑛𝑙𝑒𝑡 𝐿
𝑣2

Eq. (3)
Eq. (4)

Where, 𝑅𝑖 is the convection Richardson number that is calculated from the temperatures, v is the
bulk flow velocity and 𝑅𝑒 is the Reynolds number which is based on the average velocity of the flow.
2.4 Methods for Evaluating System Recovery Performance
Industry defined “Recovery Efficiency” to evaluate the recovery performance from the water side:
𝜂N=OPQ=NR =

𝐸𝑛𝑒𝑟𝑔𝑦 𝑖𝑛 𝑡ℎ𝑒 𝑤𝑎𝑡𝑒𝑟 𝑑𝑒𝑙𝑖𝑣𝑒𝑟𝑒𝑑 𝑎𝑡 𝑜𝑢𝑡𝑙𝑒𝑡 𝑀𝑑𝑟𝑎𝑤 𝐶𝑝,𝑟 (𝑇𝑜𝑢𝑡 −𝑇𝑖𝑛 )
=
𝐸𝑙𝑒𝑐𝑡𝑟𝑖𝑐𝑖𝑡𝑦 𝑖𝑛𝑝𝑢𝑡 𝑡𝑜 𝐻𝑃𝑊𝐻 𝑠𝑦𝑠𝑡𝑒𝑚
𝑊𝑐𝑜𝑚𝑝 +𝑊𝑎𝑢𝑥𝑖𝑙𝑖𝑎𝑟𝑦

Eq. (5)

At the same time, 𝐶𝑂𝑃fRf#=g is defined as the ratio of condensing capacity and electricity input to
HPWH system.
𝐶𝑂𝑃fRf#=g =

𝑄𝑐𝑜𝑛𝑑
𝐶𝑜𝑛𝑑𝑒𝑛𝑠𝑖𝑛𝑔 𝑐𝑎𝑝𝑎𝑐𝑖𝑡𝑦
=
𝐸𝑙𝑒𝑐𝑡𝑟𝑖𝑐𝑖𝑡𝑦 𝑖𝑛𝑝𝑢𝑡 𝑡𝑜 𝐻𝑃𝑊𝐻 𝑠𝑦𝑠𝑡𝑒𝑚 𝑊𝑐𝑜𝑚𝑝 +𝑊𝑎𝑢𝑥𝑖𝑙𝑖𝑎𝑟𝑦

Eq. (6)

2.5 Effect of Draw Rate on System Performance
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Figure 6: Vertical temperature measured by constant 152 l draw amount indicates a warmer bottom
tank with higher draw rate when compressor restarts

Fig. 6 shows the temperature change by constant draw amount with different draw rate changing
from 25 to 189 g/s. It indicates that longer time is required to recover the temperature at increasing
draw rate. When the compressor starts, a warmer bottom tank is achieved at higher draw rate.
Fig. 7 indicates that the condensing temperature could be affected by the bottom tank condition. The
higher draw rate that remains a warmer bottom tank temperature results to a higher condensing
temperature.
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Figure 7: The warmer bottom tank results to a higher

Figure 8: HPWH performance decrease

condensing temperature

(14%) with the increase of draw rate from
25 to 189 g/s (0.4 to 3 gpm)

Fig. 8 again indicates the two evaluations COPsys and recovery efficiency coincide well with each
other. It shows that with the same water draw amount, the energy delivered at the outlet remains
unchanged, so the system performance depends on how much electricity it used during the recovery
period. With higher condensing temperature, the compressor draws more power, we could see there
is a 14% recovery efficiency decrease from 25 to 189 g/s which means that in order to bring the tank
water back to the same condition as at the beginning, more electricity need to be used at higher
draw rate.
2.6 Effect of Draw Rate on Mixing in Thermal Storage Tank
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40
20 liter
35

Exergy [kJ/kg]

When adding same amount of cold water into the storage
tank at different draw rate, each tank obtains the same
internal energy. However, on a charge perspective, the tank
with higher draw rate would achieve greater entropy
generation and exergy due to the mixing. F. 9 illustrates the
entropy generation and exergy loss at different draw rate
from 20 liters to 140 liters of the draw.
It shows that the entropy increases and entropy decreases
with the increment of draw rate, which indicates when
drawing the same amount of water faster, more stratification
would be destroyed and greater mixing happens in the
storage tank. Furthermore, this trend becomes more obvious
with higher draw amount, entropy generates from 0.8% at 20
liters to 6% at 140 liters, while exergy losses from 1.1% at 20
liters to 12.2% at 140 liters.

40 liter

60 liter

30

80 liter

25

100 liter
120 liter

20
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15
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2

3
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Figure 9: Higher draw rate causes
more exergy loss

Richardson number indicates the importance of
natural convection relative to the forced
convection.
Lower
Richardson
number
represents that the natural convection is
negligible while larger Richardson number
indicates forced convection can be neglected.
In the HPWH storage tank, stratification is
driven by the natural convection, and the inlet
jet flow results in forced convection in the
thermal tank. Figs. 10 and 11 illustrates the
Richardson number and mixing coefficient
among the tank height at different draw rate
from 25 to 189 g/s (0.4 gpm to 3 gpm). It could
be found that higher draw rate obtains lower
Richardson number and higher mixing
coefficient, which indicates worse stratification
and greater mixing. Furthermore, compared
with bottom tank level, the upper tank obtains
higher Richardson number as well as lower
mixing coefficient, hence the upper tank
remains lower mixing and better stratification
since the inlet jet is located at the tank bottom.
When focusing on one certain draw rate, it
could be noted that during the draw period at
constant draw rate, the mixing in the lower tank
level increases with the draw amount while the
upper tank remains almost the same.

Figure 10: Lower Richardson number with draw
rate indicates greater mixing in the storage tank

Figure 11: Higher mixing coefficient with draw
rate indicates greater mixing in the storage tank

3. NUMERICAL MODELLING OF MIXING
Three-dimensional CFD model is carried out to explore the thermal tank mixing numerically. The
geometry is created in DESIGN MODELER and the mesh is generated in MESH, an approximately
500,000-element grid has been performed. Fluent 17.2 has been used as the CFD solver to obtain
the temperature and velocity contour inside the tank.
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3.1 Effect of Draw Rate on Mixing
Various draw rates from 1 to 3 gpm at same draw amount have been simulated. Fig. 12 shows that
as the cold water is discharging at higher rate than the water convection rate inside the tank, a free
shear layer is developed results in mixing and entrainment of the surroundings.
With a smaller draw rate at the constant draw amount, the bottom tank obtains more blue area and
the height of mixed water is lower. This indicates when slowly drawing the water, the cold water
concentrates more at the bottom and hot water is kept in the tank as much as possible. It coincides
well with the experiment part that a warmer bottom tank would be achieved when drawing faster,
which illustrate a worse stratification in the water tank.

Figure 12: Temperature contours at different draw rates, in time during 152 l draw amount

3.2 Effect of Entrance Structure on Mixing
Another way to control stratification is by
adding additional structures. Therefore,
Fig. 13 lists two configurations, one with an
expanding nozzle connected to the tank
inlet which the diameter is two times of the
original inlet diameter. Another is
considered with a baffle a little bit above
the inlet, which the porosity is about 50%.
Figure 13: Geometry of two tank configurations

Figure 14: Temperature contours in three configurations, for 0.25m/s velocity at the inlet tube, in time
during 152 liter total water draw amount (indicate less mixing with baffle or nozzle)
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Fig. 14 shows the temperature contours without baffle and nozzle, with only baffle and with only
nozzle. It is obvious to find that with baffle and with nozzle, the height of mixed water is lower, which
means more hot water is maintained in the tank. Without the baffle and nozzle, the cold water in the
tank spreads more and destroys the tank stratification more. Besides, there is a larger lowtemperature area below the baffle, which indicates the baffle controls mixing so that cold water could
be limited to a smaller area. Compared with baffle and nozzle, the tank with nozzle remains a lower
mixed water height during the draw period.

Figure 15: Velocity contours in three configurations, for 0.25m/s velocity at the inlet tube, in time
during 152 l total water draw amount (indicate less mixing with baffle or nozzle)

Fig. 15 shows the velocity contours without baffle and nozzle, with only baffle and with only nozzle.
The one with nozzle has the lowest velocity gradient that it holds the smallest area where velocity is
greater than 0. And the tank with nothing inside holds the largest velocity gradient area. Therefore,
the conclusion can be drawn that by limiting the mixing near the inlet area and reducing the inlet
velocity, the tank stratification could be maintained better.
3.3 Effect of Inlet Location on Mixing
Another way of promoting stratification by tank design is the inlet location.

Figure 16: Temperature contours in three inlet positions, for 0.25m/s velocity at the inlet tube, in time
during 152 l total water draw amount
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As it shown in Fig. 16, three different inlet locations are considered in this paper, 5 cm, 10 cm and
15 cm away from the tank bottom respectively. Lower inlet position obtains larger cold area at the
bottom and larger hot water at upper tank, indicates that the stratification is directly impacted by the
inlet design, in order to have less mixing and better stratified tank, the inlet should be placed as close
as possible to the tank bottom.

4. CONCLUSIONS
In this paper, the HPWH performance in different draw conditions has been investigated. For
constant draw rate, draw amount does not affect system efficiency (COP) significantly. Only 3% of
performance difference exists with the increase of draw amount from 50% of the tank capacity to
100%.
Higher draw rate results in more mixing. Entropy, Richardson Number and Mixing Coefficient are
introduced to characterize the stratification level of the thermal storage tank. Less entropy generation,
higher Richardson Number and lower Mixing Coefficient indicate a better stratified thermal tank.
To better understand the mixing and stratification in the water tank, the 3D CFD simulation has been
used as an effective tool to investigate the impact of the water tank parameters. The results from
experiments for effect of draw rate on stratification agrees with the CFD results. Entrance effect has
also been explored on stratification. A tank with higher inlet position obtains greater mixing. Baffles
and nozzles can be used as effective tools to reduce mixing in the thermal tank.

NOMENCLATURE
Symbol:

Subscript:

Q
W
ρ
T
Ei
V
y
cp
M
N
η

r
refrigerant
i
tank layer
str
stratified
mix
mixed
comp
compressor
cond
condenser
in
inlet
out
outlet
sys
system

capacity
(kW)
power
(kW)
density
(kg/m3)
temperature (K)
energy
(J)
volume
(m3)
vertical distance (m)
specific heat capacity (kJ/kg °C)
momentum of energy (J m)
number of tank layers
efficiency
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ABSTRACT
A completely new way of using an ecologically friendly, not flammable and nontoxic working gas for
heat pump applications is realized in the Rotation Heat Pump (RHP) by using a Joule process instead
of a Rankine Process. Substantiated by a working fluid which is always gaseous, it is possible to
obtain a sensible heat transfer at sink and source.
The main problem to accomplish an efficient Joule process in heat pumps, the compressing of the
gas, is based on a centrifugal potential which allows a compression efficiency of more than 99%.
Another major advantage of the Joule process within the RHP is the possibility to change the
temperature range from -20 up to 150 °C without affecting the coefficient of performance (COP)
considerable. The COP is mainly determined by the temperature spread between sink and source.
Latest tests on the first industrial RHP validate the function and possibilities of this new technology.
Keywords: Rotation Heat Pump, High Temperature, COP, Energy Efficiency, Centrifugal Potential.

1. INTRODUCTION
The main problems of high temperature heat pumps are related to the lubrication of the compressor
combined with the aim to use nontoxic, not flammable and low global warming potential (GWP)
working fluids. Considering these facts, the Rotation Heat Pump, which is based on a Joule process
has been developed and is built now. A compression based on a centrifugal potential and a noble
gas as working fluid, eliminate the named problems. Some general calculations and technical details
should help to understand the function before the results of tests are shown. The setup of the test
rig, including several points for measuring essential values will be described as well. A lookout for
further concepts and possibilities of applications including different processes will finally be given.

2. MAIN PRINCIPLE, DESIGN AND CALCULATION
The basic design of a Rotation Heat Pump consists of a rotor on which the heat exchangers and
pipes are mounted and a housing which encloses the rotor. The rotating domain is filled with an
ecologically friendly working fluid, consisting of different noble gases in the gaseous system and
water in the sink and source system. Further necessary components like electrical devices and
pumps are mounted on the main rig. In Fig. 1 the complete design is shown while the upper case is
removed (left) and the principle of the rotor including heat exchangers and pipes is represented
(right).

Figure 1: Design of a Rotation Heat Pump
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In the following sections a short overview of the principle and function is given. In addition, the
calculation of the COP of the Joule Cycle is given.
2.1.

The Counter Clockwise Joule cycle in a Rotation Heat Pump

The main difference between conventional heat pumps and a Rotation Heat Pump is based on the
thermodynamic cycle. The mainly used Vapor Compression Heat Pump Cycle, is replaced by the
Joule Cycle. This has been described in various papers before e.g. Adler et. al (2011), Adler and
Riepl (2014), Adler and Mauthner (2017). Since the process is not common used, a short description
corresponding to the design is given.
In Fig. 2 the thermodynamic process is shown in a Temperature-Entropy diagram, including some
characteristic points.
Starting at 1, the compression caused by the rotation of the working fluid containing system leads to
increased pressure and temperature at point 2. During the process 2 to 3, thermal energy is
transferred from the hot gas to the water of the sink via the high-pressure heat exchanger. The
expansion from 3 to 4 is followed by the low-pressure heat exchanger, where the temperature of the
gas is lower than the source temperature. Based on this temperature difference, sensible heat is
transferred from the source to the gas and increasing its temperature (4-5). Going to the inner
diameter from 5 to 5.1 the gas expands further going along with a temperature decrease. The final
step to close the cycle is a pressure increase (5.1 to 5.2) provided by a fan. This is necessary to
overcome the pressure losses due to the fluid movement and the divergence of the isobars with
increasing entropy.

Figure 2: Joule cycle (left) and corresponding design (right) of a Rotation Heat Pump

While most applications use a compressor to increase pressure and temperature, which efficiency
is essential for the COP of the system, the main compression in an RHP is based on a centrifugal
potential. This is the key factor which leads to a very high efficiency of the cycle. For the main
compression of the gas only frictional losses have to be compensated.
Fig. 3 shows the system including sink and source connections and flow paths.

Figure 3: Rotation Heat Pump including connections and process-points

The described system correlates with the tested system. The results are shown in the chapter
Testing.
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2.2.

Calculation of the Coefficient of Performance (COP) for a RHP

One of the most common dimensionless parameters for heat pumps is the coefficient of
performance, since it represents the ratio of electrical power consumption and thermal power output.
This in fact shows how efficient a heat pump is. In conventional systems the electrical power
consumption is often measured at the electrical contacts of the compressor which means that the
control system is not regarded. The thermal power output is based on the mass flow and increase
of temperature at the heat sink in combination with the specific heat capacity.
To get a comparable value for a Rotation Heat Pump the electrical power consumption is based on
the power of the fan engine plus the power of the rotor engine. The thermal power is calculated as
mentioned above for conventional systems. Finally, the COP can be described as:
𝐶𝑂𝑃 =

𝑄̇𝑠𝑖𝑛𝑘
𝑃𝑒𝑙𝑒𝑐𝑡𝑟𝑖𝑐

Eq. (1)

where 𝑄̇𝑠𝑖𝑛𝑘 is the thermal power at sink and 𝑃𝑒𝑙𝑒𝑐𝑡𝑟𝑖𝑐 is the electrical power consumption, all given
in W. Because of the fact, of having two devices for the electrical power consumption, the COP can
be calculated using both as explained or just the electrical power for the fan. Using only the electrical
power consumption for the fan for evaluating the COP, it can be seen as efficiency of the process
itself. Therefore, it is named 𝐶𝑂𝑃𝑃𝑟𝑜𝑐𝑒𝑠𝑠 in the next sections and diagrams.

3. TESTING
In the following chapter the setup of the test system, the installed sensors, and the measurement
system is described. This setup has been used for evaluating the afterwards shown results of the
Rotation Heat Pump K7. The test rig is installed at the production site of the company where the
RHP has been manufactured as well. It includes the RHP, heat exchangers, control valves, pumps,
expansion tanks, coolers, sensors, and the whole pipe system.
Since there have been many different test scenarios, some specific and representative design points
have been picked. They are shown in the following diagrams.
3.1.

Setup of Test Rig, Sensors, and Measurement Procedure

For testing a Rotation Heat Pump no specific equipment compared to similar applications is
necessary. Essential are for example temperature and mass flow sensors at sink and source as well
as devices for measuring the electrical power consumption. The calibration of these sensors has
been done before starting the tests. A specific list of relevant sensors and where they are located is
given in Table 1. Additionally, Fig. 3 and Fig. 4 show the test rig and RHP K7 including sensor
positions.

RHP K7

Test rig
Figure 4: Overview test rig and RHP K7
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Test rig

RHP K7

Figure 5: Simplified scheme of the test rig and RHP K7

These sensors are connected via a bus-system to the programmable logic controller where the
measured values are logged in a text file to be used for further analyses and calculations afterwards.
The electrical power consumption is evaluated via the frequency converters (FC) and the controller.
Table 1. Used sensors and their positions in the test system

Type of Sensor

Measurand

Position

Accuracy class

Pt 100
Pt 100
Pt 100
Pt 100

Temperature
Temperature
Temperature
Temperature

Source in (T3)
Source out (T4)
Sink in (T1)
Sink out (T2)

A
A
A
A

Magnetic-inductive
Magnetic-inductive
Output of FC
Output of FC

Mass flow
Mass flow
Electrical power
Electrical power

Source in (F2)
Sink in (F1)
Frequency converter (main rotor) (E1)
Frequency converter (fan) (E2)

+/- 0,2 %
+/- 0,2 %
-

The test procedure is divided in long-term-tests and short-term-tests where the first ones are
considered for constant machine parameters for more than 8 hours. The short-term-tests are
regarded to reach a specific design point and keep the state constant as long as it takes the system
to be stable. This usually doesn’t exceed more than one hour, mostly it only takes a few minutes.
The presented results are mainly from short term tests, where the duration of the test is given on the
abscise in the diagrams. Due to some sensor noise, specific values like COP, thermal power and
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electrical power have been arithmetically averaged over 40 values (+/-20 values). The sampling rate
of the logging is 5 seconds, so the averaged values display a mean over 200 s. If a value is averaged,
it is mentioned in the diagram at the curve title with “_ave”. Calculated values are related to the
sensor signals and since there are given tolerances there is a possible deviation which is not
considered and presented in this paper.
3.2.

Results of Testing

The testing of the Rotation Heat Pump showed that in terms of COP it is working in at least the same
range or providing a higher COP as conventional heat pumps which are using standard refrigerants.
Essential intensive thermodynamic properties like temperature of sink and source are shown as well
as other process parameters like mass flow, electrical power consumption and rotational speed of
the rotor.
Fig. 6 shows a simulation of the Joule Cycle for the first shown test case and set of parameters,
based on real gas properties provided by the National Institute of Standards and Technology (NIST)
database. The temperature curves of sink and source in relation to the heat transfer are simplified
but in terms of heat transfer coefficient, logarithmic temperature difference and total heat transferred
based on standard functions for heat exchangers.

Figure 6: State diagram of the cycle, put up by calculated significant values of the process including
the temperature of source and sink

The following diagrams, Fig. 7 and Fig. 8 show the results of short term tests using described
formulas and measured values. This first example case illustrates the process at almost constant
temperature of sink and source. The slow drift of the temperatures of around 5 K/h is caused by the
heat exchanger HX1 in combination with the valve V1. Since it is a closed system and there is
electrical power input, energy is finally transformed into heat which has to be transferred out of the
system. The mass flow through HX1 is controlled using the valve V1 which is connected to the main
control system. Because there is no feedback control and the value is set by hand, the exact value
for constant temperatures couldn’t be found for this test. All other values remain relatively constant.
The rotational speed of the main rotor in this case was around 1200 rpm where it was possible to
increase the temperature of the sink of approximately 15 K and decrease the source of around 15
K. The temperature spread between “T sink out” and “T source in” is around 3 K. This value depends
basically on the rotational speed and the mass flow of sink and source as well as the mass flow of
the working fluid. For this process and the given boundary conditions the calculated COP results in
a value of around 6.
a

b

Figure 7: Temperature of sink and source (a), mass flow and rotational speed (b)
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a

b

Figure 8: Thermal and electrical power (a), COP (b)

The second set of test results show the flexibility of the process over a given temperature range.
This should only be an example, for the process itself it is possible to use a wider range. Fig. 9 and
Fig. 10 show measured and calculated values over time. This curve shape can be realized by
adapting the position of valve V1. So, for the descend of the temperatures till 05:50, the valve was
more opened compared to the second half of the curve where the temperatures ascend. The
rotational speed of the main rotor and the mass flow of sink and source are corresponding to the first
example above. A different position of valve V2, which is controlling the mass flow of the source
through the heat exchanger HX2, results in another temperature spread. In this case the spread
between “T sink out” and T source in” is approximately 10 K. Because of less thermal power
transferred, compared to the first case, the COP results in a value of around 5 as shown in Fig. 10.
The small peak of the COP at 05:31 is caused by a short time when the electrical power consumption
of the fan was less than before and afterwards. This may be caused by changed flow conditions in
the gaseous system, especially at the fan. Anyway, it is clearly noticeable that the temperature level
of the system can be adapted and changed during the process while the COP is not nameable
affected.
a

b

Figure 9: Temperature of sink and source (a), mass flow and rotational speed (b)
a

b

Figure 10: Thermal and electrical power (a), COP (b)

The last example shows the step response of the system, therefore the transferred heat between
sink and source was adjusted in a relatively short time (<1min). The variation takes place at 04:26,
when the temperature of “T sink in” and “T source in” approach each other. This test scenario could
be a Dirac jump because more or less power is requested at the sink in a short time period. The
jump shown in Fig. 11 (a) results in a decrease of thermal power, Fig. 12. Because of the averaging
the step is displayed as a ramp and not instantaneously as the temperatures show. Additionally, the
COP drops from around 6 to 5 which is the result of less thermal power transferred while the electrical
power consumption remains almost constant.
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a

b

Figure 11: Temperature of sink and source (a), mass flow and rotational speed (b)
a

b

Figure 12: Thermal and electrical power (a), COP (b)

One more test was done at a higher rotational speed of the main rotor in combination with changing
temperatures at sink and source. The case, shown in Fig. 13 and Fig. 14, describes a drift from
around 68°C up to around 91°C of the sink outlet temperature at a speed of 1400 rpm. The mass
flow of sink and source is controlled to be at a constant value of 450 l/min. Compared to the previous
cases the power for the main rotor is slightly higher at this speed. This is caused by the increased
losses of for example bearings and sealings. The temperature drift for this case has been done by
changing the value of valve V1 in a way that less heat is transferred out of the system. In terms of
the COP there is no significant change during the whole time of the test case, including the drift to a
higher temperature level, starting at 05:02, as well. Because of the heat transferred and a higher
temperature spread between sink and source, more electrical power is needed as shown in Fig. 14.
This affects primary the power of the fan because of changed conditions of the process. For a closed
cycle it is necessary to compensate the divergence of the isobars which in fact results in a higher
pressure increase to be provided by the fan.
a

b

Figure 13: Temperature of sink and source (a), mass flow and rotational speed (b)
a

b

Figure 14: Thermal and electrical power (a), COP (b)
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4. CONCLUSIONS
The operation and testing of the RHP showed that the principle and theory of the Joule Cycle is
working for this application as predicted, as well as that it is very effective and opens a wide range
of further heat pump applications not used right now. Not only the possible higher temperatures but
also the sensible heat transfer are unique as well as the usage of a Joule Cycle for a heat pump.
This means in combination with an environmentally friendly working fluid where the GWP=0, which
is nontoxic and not flammable that by use of the presented machine the CO2 emissions of many
applications can be considerably reduced in a save way.
The described system of the test rig and the Rotation Heat Pump were used for evaluating different
COP values and show the dependence on different parameters. Actual test cases include results for
constant boundary conditions and stationary operation, variation of the temperature range and
system responses for a step at the sink and source inlet temperature. A simulation based on
analytical calculations shows good accordance with the test results. Based on the tests shown in
this paper, some more test cases will be scheduled where even more knowledge about the Rotation
Heat Pump and its function will be generated. This includes cases for high temperature applications
as well as different scenarios for industrial applications.
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ABSTRACT
A high-temperature heat pump using a low GWP refrigerant, such as R1234yf or R454C, were
experimentally investigated to supply hot water. The temperature of hot water ranged from 45 °C to
90 °C for R1234yf and ranged from 45 °C to 75 °C for R454C, while the temperature of supplied
water ranged from 6 °C to 24 °C. The temperature of heat sources ranged from 7 °C to 25 °C.
Degrees of sub-cooling of sub-critical heat pump cycles ranged from 10 °C to 70 °C because large
temperature-rise was needed to heat supplied water. A test apparatus and measurement system
were presented. The test results using R1234yf and a water-source evaporator were discussed in
comparison with the test results of the former work using R1234yf and an air-source evaporator. The
test results using R1234yf and a water-source evaporator were discussed in comparison with the
test results using R454C.
Keywords: Low GWP Refrigerant, R1234yf, R454C, COP, Energy Efficiency

1. INTRODUCTION
Heat pump technology is important to boost the reduction of CO2 emissions, reduce primary energy
consumption and increase the amount of renewable energy usage due to high energy efficiency of
heat pumps. To further enhance these effects, the development and spread of high temperature heat
pumps for hot water supply and re-heating of hot water circulation must be supported. For example,
air source heat pumps using R134a as a refrigerant for re-heating hot water circulation have been
applied to cutting and washing processes in automobile parts factories (Watanabe, 2017).
The low GWP refrigerants, such as R1234yf and R454C, are expected as the next generation
refrigerants for heat pumps. A water source high-temperature heat pump using R1234yf (Watanabe
et al., 2017) and an air source high-temperature heat pump using R1234yf (Watanabe et al., 2018)
has been investigated. However, heating capacity and heating COP did not reach expected values.
Because evaporation temperature could not be controlled properly with a thermostatic expansion
valve with internal pressure equalization due to the pressure drop in distributors to a plurality of
refrigerant passages of an air source evaporator.
In this paper, a water source high-temperature heat pump using R1234yf or R454C with thermostatic
expansion valves with external pressure equalization are experimentally investigated to supply hot
water. A test apparatus and measurement system are presented. Test results using R1234yf and a
water source evaporator are discussed in comparison with the test results of the former work using
R1234yf and an air source evaporator (Watanabe et al., 2018). The test results using R454C and a
water source evaporator are discussed in comparison with the test results using R1234yf.

2. REFRIGERANTS FOR HIGH-TEMPERATURE HEAT PUMPS
Properties of refrigerants for high-temperature heat pumps are shown in Table 1. GWP (100 years),
safety, critical pressure, critical temperature and boiling point temperature of each refrigerant are
described for R1234yf, R1234ze(E), R454C, R32, R410A, R134a and R290 in this table. R454C is
composed of R1234yf (78.5 mass%) and R32 (21.5 mass%). When we selected refrigerants in this
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paper, we though the refrigerants to be removed, whose GWP (100 years) is higher than 150, or
whose flammability is high. Further, we thought the refrigerants to be removed, whose boiling point
temperature is higher than -25 °C because the lowest evaporation temperature of a sub-critical cycle
is -25 °C, assumed that the lowest temperature of heat source air is -15 °C and the lowest
evaporation temperature is lower by 10 K than the temperature of heat source air. R1234yf and
R454C were selected because they were not removed.
Table 1. Properties of refrigerants for high-temperature heat pumps

Classification
HFO
HFO & HFC
HFC
Natural
refrigerant

Refrigerant

Chemical
formula

R1234yf

CF3CF=CH2
TransR1234ze(E)
CHF=CHCF3
R454C
R32
CH2F2
R134a
CF3CH2F
R290

C 3H 8

GWP100

Safety
3)

Critical point
Boiling
4)
Pressure Temperature point
(°C)
(M Pa)
(°C)
3.38
94.7
-29.5

<11)

A2L

1)

A2L

3.64

109.4

-19.0

1461)
6771)
1,3001)

A2L
A2L
A1

4.69
5.78
4.06

88.5
78.1
101.1

-45.9
-51.7
-26.1

32)

A3

4.24

106

-42.1

<1

1) Values of Global Warming Potential 100 year according to Appendix 8.A, the 5th final report of
IPCC WG1.
2) Values of Global Warming Potential 100 year for R290 according to Table 2.15, IPCC Fourth
Assessment Report.
3) A: lower toxicity, B: higher toxicity, 1: no flame propagation, 2L: lower flammability with a maximum
burning velocity of ≤10 cm/s, 2: lower flammability with a maximum burning velocity of >10 cm/s,
3: higher flammability classified according to ISO 817:2014.
4) Temperature at which the liquid boils under standard atmosphere, 0.1013 MPa.

3. EXPERIMENTAL APPARATUS FOR HIGH-TEMPERATURE HEAT PUMPS
Figure 1 shows the schematic drawing of an experimental apparatus for high-temperature heat pump
and measure points. Figure 2 shows the outside view of the apparatus. The apparatus consists of a
refrigerant circuit of a heat pump cycle, heat sink water circuit to measure heating capacity and heat
source water circuit to use a water source evaporator. The refrigerant circuit consists of a
compressor, a water-cooled condenser, a receiver, a water-cooled sub-cooler, two expansion valves
for R1234yf and R454C, an air-source evaporator with a fan, a water-source evaporator, an
accumulator and sight glasses. The condenser, sub-cooler and water-source evaporator are all
copper-brazed stainless-steel plate type heat exchangers. The receiver is arranged between the
condenser and the sub-cooler. The semi-hermetic reciprocating compressor 2KES-05Y made by
Bitzer was adopted. The compressor has two cylinders, a bore diameter of 30 mm, a stroke of 33
mm and a displacement volume of 490 m3/h when the frequency of power source is 60 Hz. The
maximum discharge pressure is 3.2 MPa, and the maximum suction pressure is 1.9 MPa. The
compressor has a 3-phase 200V induction motor, which has a maximum output of 1.8 kW. The heat
sink water circuit consists of a heat sink water tank, an auxiliary chiller, a heat sink water pump driven
by an inverter and a fan coil unit. The inner volume of the heat sink water tank is 0.035 m3. Supplied
water is heated in the sub-cooler and condenser. The heat of hot water is dissipated to ambient air
in the fan coil unit. The heat source water circuit consists of a heat source water tank, a heat source
water pump driven by an inverter, and a heat exchanger between heat source water and heat sink
water. The inner volume of the heat source water tank is 0.035 m3.
Refrigerant pressure was measured with piezo-resistance pressure transducers. Refrigerant
temperature was measured with copper-constantan thermo-couples attached on outside surfaces of
copper tubes in which refrigerant flows. Mass flow rate of refrigerant was measured with a Coriolis
flowmeter. Water temperature was measured with platinum resistor temperature sensors inserted in
the water pipes. Flow rate of water was measured with two electromagnetic flowmeters.
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4. EXPERIMENTAL CONDITIONS
Experimental conditions of the former work (Watanabe et al., 2018) are shown in Table 2 according
to JIS C 9220-2011. Dry bulb air temperature, wet bulb air temperature, water supply temperature
and hot water temperature are shown for each season condition in Table 2. Figure 3 shows the airsource evaporator and thermostat expansion valve with internal pressure equalization of the former
work (Watanabe et al., 2018). Heating capacity and heating COP did not reach expected values.
Because evaporation temperature could not be controlled properly with a thermostatic expansion
valve with internal pressure equalization due to the pressure drop in distributors to a plurality of
refrigerant passages of an air source evaporator. Experimental conditions of this work are shown in
Table 3. Source water temperature, water supply temperature and hot water temperature are shown
for each season condition in Table 3. Maximum hot water temperature is 75 °C for R454C while that
is 90 °C for R1234yf. Because the critical temperature of R454C is lower than that of R1234yf. Figure
4 shows the water-source evaporator and thermostat expansion valve with external pressure
equalization newly adopted in this work to enable proper control of expansion.

Figure 1: Schematic drawing of an experimental apparatus and measure points

Figure 2: Outside view of an experimental apparatus for high-temperature heat pumps
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Table 2. Experimental conditions (R1234yf air-source heat pump) (Watanabe et al., 2018)

Season
Summer
Midterm
Winter
Frost

Heat source air
temperature
(°C, dry bulb)
25
16
7
2

Heat source air
temperature
(°C, wet bulb)
21
12
6
1

Water supply
temperature (°C)

Hot water
temperature (°C)

24
17
9
5

45, 65, 80, 90
45, 65, 80, 90
45, 65, 80, 90
45, 65, 80, 90

Figure 3: Air-source evaporator and thermostat expansion valve with internal pressure equalization
(Watanabe et al., 2018)

Season
Summer
Midterm
Winter

Table 3. Experimental conditions (water-source heat pump)

Heat source water
temperature (°C)
25
16
7

Water supply
temperature (°C)
24
17
9

Hot water temperature (°C)
R1234yf
R454C
45, 65, 80, 90
45, 65, 75
45, 65, 80, 90
45, 65, 75
45, 65, 80, 90
45, 65, 75

Figure 4: Water-source evaporator and thermostat expansion valve with external pressure
equalization

5. EXPERIMENTAL RESULTS AND DICCUSSION
Fig. 5 shows heating COP versus hot water temperature (45 °C, 65 °C, 80 °C and 90 °C) and heating
capacity versus hot water temperature for each season condition. Square marks show the test
results using R1234yf, the water-source evaporator and thermostat expansion valve with external
pressure equalization obtained in this work. And solid lines show approximate curves obtained from
experiment points. Circle marks show the test results using R1234yf, the air-source evaporator and
thermostat expansion valve with internal pressure equalization obtained in the former work
(Watanabe et al., 2018). And dashed lines show approximate curves obtained from the experiment
points. Blue marks and lines show the test results and approximate curves under the summer
condition. Orange marks and lines show the test results and approximate curves under the midterm
condition. Grey marks and lines show the test results and approximate curves under the winter
condition. Heating capacities and heating COPs obtained in this work are larger than those obtained
in the former work. The increase of heating capacities and heating COPs are the largest under the
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summer condition, the median under the midterm condition and the smallest under the winter
condition.
Fig. 6, Fig. 7 and Fig. 8 shows pressure–enthalpy diagrams and temperature–entropy diagrams of
the heat pump cycles drawn using CYCLE_D (Brown, J.S. et al., 2009). Red marks and lines show
the heat pump cycles using R1234yf, the water-source evaporator and thermostat expansion valve
with external pressure equalization obtained in this work. Blue marks and lines show the test results
using R1234yf, the air-source evaporator and thermostat expansion valve with internal pressure
equalization obtained in the former work (Watanabe et al., 2018). Fig. 6 shows the test results under
the summer condition and hot water temperature 45 °C. Fig. 7 shows the test results under the
midterm condition and hot water temperature 65 °C. Fig. 8 shows the test results under the midterm
condition and hot water temperature 90 °C. In all cases of Fig. 6, Fig. 7 and Fig. 8, evaporation
pressures and evaporation temperatures rise in the heat pump cycles obtained in this work in
comparison with the heat pump cycles obtained in the former work. The rise of evaporation pressure
and temperature shows the largest value in Fig. 6, the median value in Fig. 7 and the smallest value
in Fig. 8. Because the mass flow rate of the refrigerant is the largest value and the evaporation
pressure of the refrigerant is the lowest in Fig. 6; the mass flow rate of the refrigerant is the median
value and the evaporation pressure of the refrigerant is the median value in Fig. 7; the mass flow
rate of the refrigerant is the smallest value and the evaporation pressure of the refrigerant is the
largest in Fig. 8.

Figure 5: Experimental data regarding heating capacity and heating COP for hot water temperature

Figure 6: P-h and T-s diagrams (R1234yf, summer, hot water temperature: 45 °C)
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Figure 7: P-h and T-s diagrams (R1234yf, midterm, hot water temperature: 65 °C)

Figure 8: P-h and T-s diagrams (R1234yf, winter, hot water temperature: 90 °C)

Fig. 9 shows heating COP versus hot water temperature (45 °C, 65 °C and 75 °C for R454C; 45 °C,
65 °C, 80 °C and 90 °C for R1234yf) and heating capacity versus hot water temperature for each
season condition. Square marks show the test results using R454C, the water-source evaporator
and thermostat expansion valve with external pressure equalization obtained in this work. And solid
lines show approximate curves obtained from experiment points. Circle marks show the test results
using R1234yf, the water-source evaporator and thermostat expansion valve with external pressure
equalization obtained in this work. And dashed lines show approximate curves obtained from the
experiment points. Blue marks and lines show the test results and approximate curves under the
summer condition. Orange marks and lines show the test results and approximate curves under the
midterm condition. Grey marks and lines show the test results and approximate curves under the
winter condition. Heating capacities of R454C are larger than those of R1234yf. However, heating
COPs of heat pump cycles using R454C are smaller than those of R1234yf because the heating
capacities and cooling capacities of R454C are larger than those of heat pump cycles using R454C
R1234yf using the same condenser and evaporator.
Fig. 10-12 shows pressure–enthalpy diagrams and temperature–entropy diagrams of the heat pump
cycles drawn using CYCLE_D (Brown, J.S. et al., 2009). Red marks and lines show the heat pump
cycles using R454C, the water-source evaporator and thermostat expansion valve with external
pressure equalization obtained in this work. Blue marks and lines show the test results using
R1234yf, the water-source evaporator and thermostat expansion valve with external pressure
equalization obtained in this work. Fig. 10 shows the test results under the summer condition and
hot water temperature 45 °C. Fig. 11 shows the test results under the midterm condition and hot
water temperature 65 °C. Fig. 12 shows the test results under the midterm condition and hot water
temperature 75 °C for R454C, and 90 °C for R1234yf. In both cases of Fig. 10 and Fig. 11,
condensation and evaporation pressures of R454C are higher than those of R1234yf in the heat
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pump cycles while condensation and evaporation temperatures of R454C are approximately equal
to those of R1234yf. In Fig. 12, condensation pressures and evaporation temperatures of R454C are
approximately equal R1234yf while evaporation pressures and condensation temperatures of
R454C are higher than those of R1234yf.

Figure 9: Experimental data regarding heating capacity and heating COP for hot water temperature

Figure 10: P-h and T-s diagrams (summer, hot water temperature: 45 °C)

Figure 11: P-h and T-s diagrams (midterm, hot water temperature: 65 °C)
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Figure 12: P-h and T-s diagrams (winter, hot water temperature: 75 °C for R454C, 90 °C for R1234yf)

6. CONCLUSIONS
The high-temperature heat pump using a low GWP refrigerant, such as R1234yf or R454C, were
experimentally investigated to supply hot water. The temperature of hot water ranged from 45 °C to
90 °C for R1234yf and ranged from 45 °C to 75 °C for R454C, while the temperature of supplied
water ranged from 6 °C to 24 °C.
Heating capacities and heating COPs obtained using R1234yf and a thermostat expansion valve
with external pressure equalization are larger than those obtained using R1234yf and a thermostat
expansion valve with internal pressure equalization.
Heating capacities of heat pump cycles using R454C are larger than those of heat pump cycles
using R1234yf. However, heating COPs of heat pump cycles using R454C are smaller than those of
heat pump cycles using R1234yf because the heating capacities and cooling capacities of R454C
are larger than those of R1234yf using the same condenser and evaporator.
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ABSTRACT
In this paper, investigations on the development of industrial high temperature heat pumps are
carried out based on the analysis of the current available components. Ammonia-water hybrid heat
pumps combine technologies of an absorption and compression heat pump with a mixture of
ammonia and water as refrigerant. The functionality of this process was already been proven in the
industrial sector using standard components. In this study, currently available components are
investigated for utilization in a hybrid heat pump test facility able to operate at elevated high side
pressures to achieve exit temperatures on the secondary fluid side of 140 °C to 180 °C. Critical
components are identified and discussed based on defined process requirements. Subsequently, an
overview of available components enabling process parameters with a high side pressure of up to
60 bar are presented and necessary adjustments for the use in the planned test facility are
discussed.
Keywords: Industrial High Temperature Heat Pump, Hybrid Absorption-Compression Heat Pump,
Ammonia-Water Mixture.

1. INTRODUCTION
Conti et al. (2016) have stated an increasing energy demand in the industrial sector in recent years
with a clear trend for the future. In addition, in various industrial processes large amounts of low
grade waste heat are not exploited due to the lack of waste heat utilization. Arpagaus et al. (2018)
have found that industrial processes with a large heat demand in the temperature range up to 150
°C and useable waste heat streams in particular have a great potential for high temperature heat
pump applications. Simultaneously, the demand for environmentally benign working fluids such as
the natural fluids, ammonia and water, become more dominant.
Due to the given properties, hybrid absorption-compression heat pumps (HACHP) with a zeotropic
ammonia-water mixture as working fluid provide a good solution for industrial high temperature heat
pump applications. The working principle of this system is based on the Osenbrück cycle, which
extends a vapour compression heat pump with an additional solution circuit (Osenbrück, 1895). This
extension provides the typical properties of HACHP systems such as the attainable high sink
temperature combined with high temperature lift and non-constant temperature glide. For this
reason, the ammonia-water HACHP concept is interesting for industrial high temperature
applications as for instance the utilization of waste heat streams. Furthermore, the functionality of
this process in the industrial sector have already been proven by Nordtvedt et al. (2013) using
standard available refrigeration components and achieving sink outlet temperatures up to 120 °C.
In recent years, various authors, such as Jensen (2015) and Nordtvedt (2005), have investigated
the HACHP system to identify challenges and potentials for the optimization of process parameters.
The development was constantly pushed forward due to the increasing interest in the use of
ammonia in refrigeration systems and the associated efforts to optimize the components. They
determined that the compressor is a dominant constraint on achievable process conditions due to
the limitation of high pressure and discharge temperature. In addition, there is a lack of knowledge
and experience in operating the system with higher operating parameters. In particular, this relates
to the design of the absorber and the expiration of the absorption process at high pressures and
temperatures. The focus of this study is therefore to identify available compressor and absorber
solutions for the development of a planned HACHP test facility that can operate at high pressure
levels and reach sink outlet temperatures of 140 °C to 180 °C.
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In the further course, the general functionality and advantages of the HACHP system are presented.
In addition, the characteristics and requirements of the planned test facility are discussed.
Subsequently, the focus is placed on the identification of critical components to achieve the defined
operating parameters. For this purpose, functions and requirements are defined and possible
concepts and solutions for use in high temperature operation are demonstrated. Finally, the results
of the study are presented and discussed with regard to usability in the development of the planned
test facility considering the given requirements.

2. THE AMMONIA-WATER HYBRID ABSORPTION-COMPRESSION HEAT PUMP
This section deals with the description of the general HACHP cycle as well as the discussion of the
characteristics and requirements of the planned test facility.
2.1.

Hybrid Heat Pump Cycle with an Ammonia-Water Mixture as Working Fluid

Fig. 1a shows a simplified representation of the Osenbrück cycle, the most basic HACHP cycle. This
basic cycle consists of seven main components: three heat exchangers, a liquid-vapour separator,
an expansion valve, a solution pump and a compressor. Throughout the entire heat transfer process
with the heat source in the desorber, the ammonia-water mixture is in the two-phase region and the
ammonia concentration in the liquid phase decreases. Due to incomplete evaporation, a two-phase
mixture leaves the desorber (1). A liquid-vapour separator is applied to separate the phases and
ensure that only vapour enters the compressor (2) to be compressed to the high pressure side of
the cycle (3). The liquid phase, characterized as weak solution, is sent to the solution pump (4) where
the pressure level is increased (5). Then, the weak solution passes through an internal heat
exchanger (IHX) to increase liquid temperature and improve overall cycle performance (5-6). After
the IHX and compressor, the liquid and vapour streams are mixed which typically results in a liquidvapour mixture (7). In the absorber, vapour is absorbed into the liquid phase rejecting heat to the
heat sink. The ammonia concentration in the liquid phase gradually increases, so that the saturated
liquid out of the absorber is called strong solution (7-8). Heat is transferred from the strong to the
weak solution stream in the IHX (8-9) before the solution is expanded to the low pressure level (910) to return to the desorber.

Figure 1: (a) Simplified representation of an absorption-compression hybrid heat pump cycle (b) PTX
diagram of saturated liquid for an ammonia-water mixture with hybrid heat pump components

Fig. 1b shows a pressure-temperature-concentration (PTX) diagram of saturated liquid for an
ammonia-water mixture including main components and flows of a hybrid heat pump cycle. This
representation illustrates the overall functionality and properties of the system, not the actual
compression paths. As mentioned by Jensen et al. (2014), the HACHP system has two additional
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degrees of freedom compared to conventional vapour compression systems. This ensures the high
flexibility and adaptability of the operating parameters to given boundary conditions.
Based on the simplified cycle (see Fig. 1), authors such as Nordtvedt (2005), Kim et al. (2012) and
Jensen (2015) examined various process modifications. These include additional components, such
as further heat exchangers or circulation and cooling circuits. This allows the system to be further
adapted and improved, but complexity has also increased. The following properties and advantages
of the system were claimed:
• The ability to vary the composition of the working fluid and circulation ratio increases the
flexibility of the system and makes it easier to adapt to temperature fluctuations and heat
capacities. By controlling the ammonia concentration of the weak solution, various operating
conditions can be achieved and the operation improved.
• Compared to conventional vapour compression heat pumps, which use pure ammonia as
the working fluid, higher sink temperatures can be achieved at relatively low discharge
pressure.
• Occurring temperature glides due to the use of a zeotropic working fluid during the absorption
and desorption process can be adapted to the gliding temperatures of heat sinks and heat
sources. This reduces the irreversibility of the system and allows a high temperature rise with
comparatively high COP for many operating conditions, and in particular for waste heat
applications.
2.2.

Characteristics and Requirements of the Planned Hybrid Heat Pump Test Facility

As previously discussed, there is an increasing interest in utilizing waste heat streams of industrial
processes using high temperature heat pump applications. The focus of recent years has been on
developing and improving existing cycles and components. In addition, the numerical analysis of
Jensen (2015) has extensively investigated the potential and requirements of the HACHP system
for achieving sink outlet temperatures above the current limit of around 120 °C.
The aim of developing the planned HACHP test facility is to increase the achievable outlet
temperatures on the secondary side up to 140 °C to 180 °C and to optimize the system by taking
advantage of the developments and improvements of recent years. In addition, the optimization of
process parameters and components should be possible. To achieve these goals, the following
characteristics are defined for the planned test facility:
• The components of the system must be designed and selected to operate at high
temperatures and high pressures to achieve the desired sink outlet temperature.
• In order to test and optimize various operating conditions, it must be possible to vary the
weak solution composition as well as the heat source and heat sink temperatures.
• To test and optimize different components of the HACHP cycle, the respective connections
of the components must be designed interchangeably.
• In order to ensure the necessary flexibility of the system, auxiliary equipment and measuring
instruments must have a sufficiently wide range to cover all possible operating conditions.
• The mass and energy flows must be regarded as relatively small, since it is a laboratory test
facility.
Due to the ammonia-water mixture as the working fluid and the desired operating conditions,
additional requirements such as material compatibility and oil-free operation are placed on the
system:
• When designing the system and selecting the components, attention must be paid to material
compatibility. All wetted parts must be made of ammonia-compatible material. Ammonia and
hydrous ammonia are fully compatible with materials such as iron, steel, stainless steel and
aluminium, but cause corrosion problems in contact with copper, zinc and copper-based
alloys (Stene, 2008).
• The oil-free operation of components such as the compressor is desirable to keep the system
and in particular the heat exchanger free of lubricant oil. Especially high temperatures and
the possible water content in the vapour stream make the oil separation more complex and
expensive. The incomplete separation results in lubricating oil in other components of the
system, such as the heat exchanger, which affects the heat transfer properties (Zaytsev and
Infante Ferreira, 2002).
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3. INVESTIGATION OF COMPONENTS FOR USE IN HYBRID HEAT PUMPS
This section is focused on critical components in the design of the planned test facility to achieve the
defined characteristics and requirements. Based on Jensen (2015) and Nordtvedt et al. (2013), the
compressor for the compression of the ammonia vapour is a critical component of the HACHP
system and leads to limitations for the achievable operation parameters. Another critical component
is the absorber for the absorption process at the planned high pressure and temperature level, as
there is a lack of knowledge and experience for these operating areas. In the further course, the
functions and requirements for these components are defined and possible concepts and solutions
for use in the planned HACHP test facility are presented and discussed.
3.1.

Compressor Solutions for use in Hybrid Heat Pumps at High Temperature Operation

In the HACHP system, the compressor takes over the compression of the ammonia vapour after the
liquid-vapour separator from the low pressure to the high pressure level (see Figure 1). As inlet
condition for the ammonia vapour at the compressor inlet, a pressure of approximately 2 bar and a
temperature of 60 °C are assumed. In addition to the general requirements for components for use
in the planned test facility with ammonia-water mixture as working fluid, further requirements are
defined based on the desired operating conditions for the compressor used. In order to achieve a
high temperature lift and outlet temperatures on the secondary side of 140 °C to 180 °C, a high
discharge pressure and pressure ratio are required. For this purpose, the compressor must withstand
a discharge temperature of at least 180 °C. According to Neskå et al. (1998), operation with normal
lubricants should be possible for discharge temperatures up to 180 °C. Due to the design and
properties of the system, it is possible that the ammonia vapour contains a low water content.
Therefore, the compressor must be resistant to small amounts of liquid in the vapour stream during
the compression.
The investigations of Arpagaus et al. (2018) and other authors have shown that various compressor
concepts and solutions are possible for ammonia vapour compression in high temperature heat
pump applications. Based on the higher pressure ratios that can be achieved and the smaller swept
volume compared to dynamic compression systems, positive displacement compressors, such as
the piston and screw compressor, have been identified as promising approaches. Possible concepts
and solutions for the compression are presented below.
A basic solution for the compressor system is the compression in one compressor stage. This is
possible for pressure ratios and inlet conditions in the appropriate range, depending on the
compressor selected. To achieve higher pressure levels with increasing inlet conditions and
discharge temperature, the modification of the process cycle as well as the further improvement of
the compressors are suitable solutions.

Figure 2: Log p-T diagram of pure ammonia including an isentropic compression compared to (a)
two-stage compression with intercooling and (b) one-stage compression with cooling and liquid
injection
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Fig. 2 shows the isentropic compression (1-2) of pure ammonia in a log p-T diagram from the
previously defined input conditions (1) to a freely defined pressure of 20 bar (2). A discharge
temperature of almost 270 °C is achieved. Due to the relatively low density and specific heat capacity
of ammonia in the superheated vapour phase, the discharge temperature occurring during
compression is comparatively high (Stene, 2008). In the ideal case, this is far above the indicated
maximum temperature and is even higher for the real compression due to irreversibility. This leads
to many problems, such as chemical decomposition of the working fluid, carbonization of the
lubricant and collapse of seals (Jensen, 2015). In addition, high discharge temperatures reduce the
COP of the HACHP system.
Jensen (2015) discussed different process modifications to achieve the desired pressure rise by
holding the discharge temperature in an acceptable range for the compressor. The first possible
modification, as shown in Fig. 2a shows a two-stage compression (1-5), whereby the gas is cooled
down again after reaching a temperature of 180 °C by an additional IHX (3-4). This two-stage
compression can provide a higher pressure level and sink temperature, as the discharge gas
temperature is reduced during the compression process. The investigation results have shown, that
the option of an additional IHX installed behind the contained IHX caused the lowest cost increase
and the highest discharge gas temperature decrease (see Fig. 1).
Another promising concept is the use of a liquid-resistant compressor with the implementation of an
injection of the strong solution before or after the IHX. Fig. 2b shows a possible one-stage
compression with cooling and liquid injection during the compression process (1-6). The injection
can take place on various tasks and can be used for seal cooling and for lowering the discharge
temperature through the compression. Zaytsev and Infante Ferreira (2002) investigated the various
effects of the additional injection of ammonia-water mixture into the compressor. In general, the liquid
injection has positive influence of the compressor volumetric and isentropic efficiency. On the other
hand, the liquid injection leads to various challenges due to the complexity of the evaporation
processes during the compression. However, oil-free compressors with liquid injection capable of
achieving the desired parameters are not readily available.
All approaches have individual advantages and challenges for use in HACHP systems at high
temperature operation. Table 1 gives an overview of the previously mentioned and discussed
advantages and challenges of the different solutions for the ammonia vapour compression.
Table 1. Overview of solutions for the ammonia vapour compression

Advantages
Challenges
3.2.

Single-Stage

Multi-Stage

Liquid Injection

Lower installation costs
High discharge
temperature

Possible intercooling

Oil-free operation

Higher complexity

Evaporation process

Absorber Solutions for use in Hybrid Heat Pumps at High Temperature Operation

Jung et al. (2014) identified the absorber as one of the most significant components in the HACHP
system. As mentioned by Nordtvedt et al. (2013), the operation of the hybrid heat pump cycle with
ammonia-water as zeotropic mixture leads to large non-constant temperature glides during the
desorption and absorption processes. In the absorber, the ammonia concentration in the liquid phase
increases due to the absorption of the vapour. The saturation temperature of the mixture decreases
from the inlet to the outlet of the heat exchanger due to the considerably lower boiling point of
ammonia compared to water. During this absorption process, heat is transferred to the coolant on
the secondary fluid side.
For the use of an absorber for the absorption process in a HACHP system, various requirements for
the properties of the heat exchanger are defined. In addition to the general requirements, such as
the minimization of size and pressure losses, the suitability for the given operating parameters must
be considered for use in the planned test facility. Based on Kang et al. (2000), a high area density
[m²/m³] of the heat transfer surface combined with a high overall heat transfer coefficient is required
to achieve a compact size of the heat exchanger. Furthermore, the generation of a good mixture of
the vapour and liquid phases and the complete and continuous wetting of the heat transfer surfaces
are important.
For the construction of the absorber, different heat exchanger types and absorption modes are
available. Previous work has used tube and shell as well as plate heat exchanger types with different
orientations and flow directions. Based on Kang et al. (2000), the falling film and bubble absorption
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modes were recommended for use in HACHP systems. In the further course, possible solutions and
concepts will be presented and discussed.
Minea and Chiriac (2006), for example, used a horizontally arranged shell and tube heat exchanger
with a falling film for their investigation of the HACHP system. In this case, the weak solution slides
as a thin film on the outside of the horizontal tubes from top to bottom. The ammonia vapour fills the
free space and is absorbed into the liquid film with the release of heat to the coolant in the tubes.
They mentioned that the driving force for the absorption and amount of mass transfer are related to
the ammonia vapour pressure and concentration as well as the composition of the liquid and mass
transfer resistance.
An et al. (2013) investigated a vertical plate heat exchanger with bubble absorption mode. Here, the
weak solution and ammonia vapour entered the absorber at the bottom and flow to the top with the
coolant in counter-flow direction from the top to the bottom. They found that the absorber internal
pressure has more effect on the coolant temperature difference than the geometric conditions. In
addition, the absorber aspect ratio of the length to the gap between the plates has more effect on
the overall heat transfer coefficient than the ratio of the width to the gap.
Due to the investigations carried out and the results obtained, the plate heat exchanger type is
increasingly being used for HACHP applications. The ammonia-water mixture can flow downwards
as in a falling film type of absorber or upwards as in a bubble type absorber. Jung et al. (2014) stated,
that the plate heat exchanger is able to transfer heat very efficiently during the absorption process
due to the large surface area and corrugated plates. The plates can be pressed with different shapes
to increase the turbulence, fluid distribution and surface area. Because of these capabilities, the
design can be much more compact compared to shell and tube heat exchangers. In addition, the
plate heat exchanger type can provide a high heat transfer coefficient, good wettability and mixing
of the liquid and vapour phases. Figure 3 shows a schematic representation of a plate heat
exchanger with falling film and bubble absorption mode. The specified flow directions can be varied
depending on the application.

Figure 3: Representation of a plate heat exchanger with falling film and bubble absorption mode

One of the major challenges in using plate heat exchangers for two-phase applications is to ensure
good distribution at the inlet and mixture of liquid and vapour over the entire length of the absorber.
Because of the easier distribution of the vapour phase, the bubble absorption mode has an
advantage over the falling film. In addition, the falling film is susceptible to solvent flow instabilities,
which can significantly affect absorption and heat transfer rates (Kang et al., 2000). Table 2 gives
an overview of the previously mentioned and discussed advantages and challenges of the different
solutions for the absorber design and ammonia absorption mode.
Table 2. Overview of solutions for absorber design and ammonia absorption mode

Plate Heat Exchanger

Falling Film Mode

Bubble Mode

Advantages

Compact design and
good mixing conditions

Low pressure drop and
high heat transfer
coefficient

High absorption and
heat transfer rate

Challenges

Distribution of the mixture

Solvent flow instabilities

Distribution over total
length
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4. RESULTS AND DISCUSSION
Based on the defined characteristics and requirements of the planned HACHP test facility and the
corresponding requirements for the identified critical components, available solutions on the market
were investigated. The investigation has shown that the compressor for the ammonia compression
is the main constraint to achieve higher process parameter such as the high pressure and
temperature level.
Ahrens et al. (2019) conducted a study focusing on available ammonia compressors for HACHP
systems in high temperature operation. The results have shown, that various solutions from different
manufacturers are currently available on the market. However, to the best knowledge of the author,
the available compressors do not achieve the defined requirements for the use in the planned hybrid
heat pump facility. It is not possible to operate at high pressure and to achieve exit temperatures on
the secondary side of 140 °C to 180 °C. For the development of the planned hybrid heat pump test
facility, modifications of the system must be considered. Possible adjustments have already been
discussed and may include the division of the compression process or the integration of additional
cooling options.
The investigation on the absorber has shown that various solutions are currently available on the
market. Plate heat exchangers can be used with the presented absorption modes. The use of both
methods by subdividing the absorption process is also possible, as described and used by Nordtvedt
(2005). Overall, the available solutions can be operated at the required pressure and temperature
levels. Based on these results, the planning and operation of the planned test facility is possible,
although the achievable efficiency of the absorption process and heat transfer may not be optimal.
In addition, the lack of knowledge and experience for the absorption process and the design of the
absorber for the planned operating areas can be improved.
For the further development of the HACHP test facility, the examination of a solution for the ammonia
compression is the major challenge. Despite this fact, the design and operation of the absorber
should be possible in an acceptable range. Overall, the development of the planned test facility can
help to expand knowledge and experience in design and operation and to support the further
development of the components.

5. CONCLUSIONS
The aim of this study was the identification and evaluation of suitable components for the
development of a planned ammonia-water hybrid absorption-compression heat pump test facility. At
the beginning, the general functionality and advantages of the HACHP system were presented. In
addition, the characteristics and requirements of the planned test facility were discussed.
Subsequently, the focus was placed on the critical components identified to achieve the defined
operating parameters. Here, the compressor for the ammonia compression and the absorber for the
absorption process at high temperatures and pressures were identified as possible limitations. For
this reason, functions and requirements were defined and possible concepts and solutions for use
in high-temperature operation were presented and discussed. Finally, the results of the study were
presented and discussed with regard to usability in the development of the planned test facility
considering the given requirements.
The investigation has shown, that due to the increasing interest and use of ammonia for industrial
heat pump applications, a growing range of compressors with high pressures up to 60 bar is available
on the market. The use of currently available compressors is not possible without adjustments due
to the special requirements for use in the planned test facility. For the absorber, a general use of the
available solutions under the given conditions should be possible. However, design and efficiency
may not be optimal due to lack of experience in the planned operating area. In general, experience
in the operation and improvement of main components as well as the entire cycle can be gained by
developing a HACHP test facility.
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ABSTRACT
Heat pumps are expected to become the most widely used system for the production of domestic
hot water (DHW) in dwellings in the coming years in Europe. The total decarbonisation of Europe's
energy system by 2050 is currently producing changes in the sector, where traditional boiler
companies have started to market heat pumps.
This study analyses the performance of a compact heat pump for DHW production, which is
simultaneously powered by PV panels (470 Wp) and the grid. The system (PV-HP) is designed to
consume the energy produced by the PV panels in two ways: to drive the compressor or to power
an electrical resistance within the water accumulator. The seasonal performance factor (SPF) of the
analyzed system is around 9, which means that 1 kWh of grid electricity produces 9 kWh of thermal
energy for DHW.
The techno-economic analysis shows the benefits of this system when it is compared to a DHW heat
pump without PV and a standard boiler.
Keywords: Domestic Hot Water, Water Heater, Heat Pump, Photovoltaic Energy, Solar Energy.

1. INTRODUCTION
The European Union has established a roadmap in order to accomplish the goals which have been
set in the “Paris Agreement”. For example, the EU has set a binding target to reduce emissions by
at least 40% below 1990 levels by 2030.
In this framework, efficient heat pumps with the support of solar energy (thermal or photovoltaic), will
probably be the future facilities for many decarbonized buildings in 2050, and they are now an
interesting solution to be considered to meet the nZEB requirements.
In recent years, photovoltaic solar energy has been considered in the performance of the heat pump
as a whole system. Recently published review of Mohanraj et al. (2018) includes a section about
“solar photovoltaic assisted heat pump water heaters”. Poulet and Outbib (2016) analyzed hybrid
systems using renewable energy sources without any connection to an electrical network. After their
experience, they came to the conclusion that the optimal design consists of photovoltaic panels +
air/water heat pumps with improved control which includes strategies based on the weather forecast.
Thygesen and Karlsson (2014) concluded that thermal storage (instead of electrical storage) and
eventually a “PV controlled heat pump” is the most cost effective system, since the objective should
be to reduce the purchase of electricity. Kato and Suzuoki (2014) carried out simulations to
demonstrate that it is possible to use heat pump water heaters in homes to improve the operation of
the electricity network in residential areas with many photovoltaic installations.
The approach of the authors (Aguilar et al. (2016)) focused on improving the performance of a
photovoltaic assisted heat pump for domestic water heating applications. The photovoltaic panels
were connected directly to the unit and the photovoltaic electricity was only consumed in the system:
either in the compressor or in the electric heater. The heat pump analyzed was an ON/OFF unit with
a nominal heating capacity of 1.5 kW and a nominal electrical consumption of 470W (nominal
COP=3.19). The system had a thermal storage of 190 liters and no batteries.

2. EXPERIMENTAL WORK
2.1. System Description
The designed system was mainly composed of: a domestic hot water heat pump with a nominal
heating capacity of 1.5 kW and a nominal electrical consumption of 470 W (nominal COP=3.19), a
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PV facility with a total peak power of 470 W p and a grid connection. Also, the PV panels were
connected a MPPT micro-converter in order to change the direct current (24-30 VDC) to alternating
current (230 VAC).
Tables 1 and 2 show the technical characteristics of the heat pump for DHW and the ones of the
photovoltaic panels, respectively.
Table 1. Technical characteristics of the heat pump

MIDEA Compak KHP 15 190
Thermal Capacity
Compressor Power
COP
Refrigerant
Evaporator Fan Power
Tank Volume

Symbol
QHP
PE-COMP
COP
--PE-FAN
Vol.

Unit
W
W
--W
L

Eco
1500
470
3.19
R134a
30
190

Table 2. Technical characteristics of the PV panels

Eurener 235
Nominal power
Panel surface area
Efficiency
Inclination angle
Orientation angle

Symbol
PN,PV
APV
EffPV
α
β

Unit
W
m2
%
º
º

Nom.
235
1.67
13.74
45
0º South

Figure 1: Photovoltaic assisted heat pump (PV-HP) for domestic hot water production

The heat pump is simultaneously powered by the grid and by the PV panels, although the system
was designed to prioritize the PV energy supply over the one from the grid. As a result, primary
energy and CO2 emissions are maximized. The coupling between the heat pump, the photovoltaic
panels and the electrical network is carried out by means of a network current inhibitor.
Besides, an electrical resistance inside the water tank of the heat pump consumes the electrical
energy produced by the PV facility when the heat pump is not working. Thus, the total energy
produced by the PV panels is profited in system (by the heat pump if it is working or by the electrical
resistance if it is not). The energy from the grid is only necessary if the PV energy is not enough to
power the heat pump.
Fig. 1 shows a schematic representation of the described system of the photovoltaic domestic hot
water heat pump.
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2.2. Experimental Facility
The previously described system was installed on the roof of the University’s research laboratory
located in Elche (Southeast of Spain).
An experimental facility was specifically built in order to test and to analyze the performance of the
system (PV-HP) under real conditions. This facility is represented in Fig. 2 where the subsystem “A”
consists on a compact heat pump water heater for domestic water production, which includes: the
refrigerant cycle, the water tank and the electrical heater or resistance.
The subsystem B is composed of two PV panels, a grid connection and the necessary devices in
charge of managing and integrating these two energy sources (a network current inhibitor, electrical
protections, etc.).
Finally, the subsystem “C” is the system used to simulate domestic hot water consumptions without
wasting water. An auxiliary tank of this subsystem receives hot water at 55-60ºC from the heat pump,
while the water chiller cools it down to 12–15°C.

Figure 2: Experimental facility

Besides, several probes and measuring instruments have been installed along the facility in order to
measure: meteorological data, refrigerant cycle temperatures and pressures, water flowrate and
power consumptions (from the grid and from the PV panels). All the instruments and probes are
connected to a HP 34970A Data Acquisition Unit, which makes recordings every 2 minutes.
2.3. Experimental Method
In order to analyze the performance of the described system under real conditions, a water
consumption profile was designed to imitate the hot water consumption of a typical four member’s
family with a total demand of 132 liters per day at 55ºC. Each draw was programmed to last 5:30
minutes, following the draw profile shown in Table 3.
Table 3. Tapping Cycle

Flowrate
4 L·min

-1

7:30
22 L

Tappings
8:15 10:00 13:45 21:00 22:00
22 L 22 L 22 L 22 L 22 L

TOTAL
(Liters)
132

In every experiment the heat pump was engaged at 12:00 and remained so until the water reached
a temperature of 55ºC, at which point it was disconnected. Therefore, the photovoltaic contribution
could be maximized. The water inlet temperature was kept between 12 and 15ºC by using the water
chiller.
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This experimental work was carried out during an entire year, so winter and summer results could
be obtained. The facility was working with few interruptions (small adjustments and repairs), so that
more than 240 days could be analyzed (20 days/month). In order to clarify the behaviour of the
system, the experimental test results for one day are analyzed next.
Fig. 3a shows the meteorological data (solar irradiance at 45º and outdoor temperature) on June,
23th. As it can be see, it was a cloudy day, where the total solar irradiation over the PV panels plane
was 6.44 kWh/m2, the average outdoor temperature was 25.1ºC and the average temperature during
the working hours of the heat pump was 28.7ºC.
The temperature on the 4 main points of the refrigerant cycle are shown in Fig. 4b. As it can be seen
in this figure the heat pump was working between 12 pm and few minutes after 3 pm. At 13:45 there
is a domestic hot water consumption and this affects to the refrigerant temperatures.

a)

b)

Figure 3: a) Meteorological data; b) Temperatures on the refrigerant cycle (June, 23th)

Fig. 4a shows the curves of the solar photovoltaic energy produced by the PV panels (PPV) and the
energy consumed by the heat pump (PHP). Different shades of gray have been used in order to
explain the origin and destination of each energy flux.
Thus, the area in middle grey corresponds to PV production which is consumed by the heat pump
(EPV,HP). Dark grey area corresponds to the energy consumed by the heat pump which is provided
by the grid (EGRID,HP). The electricity consumption from the grid is due to difference between the PV
panels production and the heat pump consumption. Finally, light grey is used for the energy
produced by the PV panels which is consumed by the electrical (EPV,ELEC), which happens when
there is PV production but the heat pump is not working.
Consequently, the sum of the middle grey area and dark grey area results in the total electric
consumption of the heat pump (ETOT,HP).. The sum of the three areas (dark, middle and light grey) is
the total electricity consumption, including the heat pump and the electrical resistance (ETOT,SYST).
The value of these energy fluxes have been included in the figure for clarification.
By using the methodology described by Aguilar et al. (2016), the useful heat flux provided to the
water by the heat pump may be obtained from the experimental measurements.
Fig. 4.b shows the thermal useful power provided to the water (QTOT), which is the sum of the heat
fluxes provided by the heat pump (dark grey area, QHP) and by the electrical resistance (light grey
area, QELEC). It is noteworthy, that the thermal power provided by the electrical resistance is
calculated as the power provided by the PV panels to the resistance.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

4953

a)
b)
Figure 4: a) PV energy and grid energy; b) Thermal power, (June, 23th)

As it is exposed by Aguilar et al. (2016) two Seasonal Performance Factor can be defined. On the
one hand, the Seasonal Performance Factor of the heat pump (SPFHP) is known as the ratio between
the thermal energy supplied by the heat pump (QHP) and its total electrical consumption (ETOT,HP), as
shown in Eq. (1):

𝑆𝑆𝑆𝑆𝑆𝑆𝐻𝐻𝐻𝐻 = 𝐸𝐸

𝑄𝑄𝐻𝐻𝐻𝐻

𝑇𝑇𝑇𝑇𝑇𝑇,𝐻𝐻𝐻𝐻

6.50

= 1.71 = 3.80

Eq. (1)

On the other hand, the Seasonal Performance Factor of the system (SPFSYST) is defined as the
relation between the total heat given to the water (QTOT) and the energy taken from the grid (EGRID,HP).
(see Eq. (2)). This parameter does not take into account the photovoltaic energy because it is a
renewable source.

𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 =

𝑄𝑄𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆

𝐸𝐸𝐺𝐺𝐺𝐺𝐺𝐺𝐺𝐺,𝐻𝐻𝐻𝐻

=

6.50+1.36
0.68

= 11.56

Eq. (2)

Also, two key performance factors were defined in order to take into account the solar energy used
by the system.
The solar contribution of the heat pump is calculated by following Eq. (3):

𝑆𝑆𝑆𝑆𝐻𝐻𝐻𝐻 =

𝐸𝐸𝑃𝑃𝑃𝑃,𝐻𝐻𝐻𝐻
𝐸𝐸𝑃𝑃𝑃𝑃

=

1.03
2.39

The solar contribution of the system is known as:

𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆𝑆 =

𝑄𝑄𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸 +𝑄𝑄𝐻𝐻𝐻𝐻 ·𝑆𝑆𝑆𝑆𝐻𝐻𝐻𝐻
𝑄𝑄𝐸𝐸𝐸𝐸𝐸𝐸𝐸𝐸 +𝑄𝑄𝐻𝐻𝐻𝐻

=

= 0.4309 ≈ 43.1%

1.36+6.50·0.43
1.36+6.50

= 0.5294 ≈ 52.9%

Eq. (3)

Eq. (4)

3. ANNUAL RESULTS

The experimental method described in point 2.3 was used to analyse the behaviour of the system
during the whole year. Table 4 summarizes the monthly average values by taken into account all the
energy fluxes previously described. This average results have been used to calculate the Seasonal
Performance Factor and the Solar Contribution of the system.
The total DHW demand of this typical 4 member’s family was of 2247.6 kWh, while the energy losses
of the tanks resulted of 596.6 kWh. Then the total thermal energy demand supplied by the system
(HP + Electrical Heater) was of 2844.3 kWh.
The electrical energy demanded by the heat pump was of 715.1 kWh (317.6 from the grid and 403.7
from the PV panels), so the SPF of the heat pump was of 3.42. However, if the energy supplied by
the PV panels were not taken into account, the system reached a SPF of 8.91, with a Solar
Contribution close to 60%.
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Table 4. Results of energy fluxes, Average daily results in kWh·day-1 - Total results in kWh·year-1

ETOT,HP EGRID,HP EPV,HP EPV,ELEC EPV
QHP
QELEC QTOT
QDHW
January
2.30
0.90
1.40
0.61
2.02
6.94
0.61
7.55
5.56
February 2.28
0.98
1.43
0.75
2.18
6.90
0.75
7.65
5.67
March
2.12
1.01
1.17
0.91
2.08
6.65
0.91
7.56
5.55
April
2.05
0.68
1.37
1.22
2.59
7.51
1.22
8.74
6.69
May
1.96
0.87
1.09
1.10
2.19
7.17
1.10
8.27
6.38
June
1.77
0.81
0.97
1.24
2.21
6.48
1.24
7.72
6.53
July
1.68
0.71
0.98
1.41
2.39
6.39
1.41
7.80
6.69
August
1.64
0.76
0.88
1.35
2.23
6.43
1.35
7.78
6.66
Sept.
1.67
0.80
0.87
1.27
2.14
6.34
1.27
7.61
6.42
Oct.
1.80
0.76
1.04
1.15
2.19
6.41
1.15
7.56
6.31
Nov.
2.03
1.13
0.89
0.72
1.62
6.54
0.72
7.26
5.74
Dec.
2.23
1.04
1.20
0.72
1.92
6.78
0.72
7.50
5.67
Total
715.1 317.6 403.7 379.2 782.9 2449.2 379.2 2844.2 2247.6
Average
1.96
0.87
1.11
1.04
2.15
6.71
1.04
7.75
6.16

QLOSS
2.15
2.02
1.89
1.74
1.71
1.36
1.19
1.14
1.20
1.44
1.77
2.03
596.6
1.63

4. TECHNO-ECONOMIC ANALYSIS
This part of the study is focused on analysing the techno-economic viability of the PV heat pump in
comparison with conventional DHW systems. The compared solutions are:
 PV-HP: It consists of the PV supported heat pump previously analysed.
 HP: The same heat pump, but without PV panels.
 Boiler. A natural gas boiler with a seasonal efficiency of 92%.
Table 5 shows the energy conversion factors and the emissions factors used in Spain for electricity
and Natural Gas. The results showed in Table 6 have been obtained by applying these conversion
factors to the energy demand from Table 4.
Table 5. Conversion factors for Spain (IDAE, 2016)

Non-Renewable Primary Energy for Electricity
Non-Renewable Primary Energy for Natural Gas
CO2 emissions for Electricity
CO2 emissions for Natural Gas

Units
kWhnRPE·kWhE-1
kWhnRPE·kWhNG-1
kgCO2·kWhE-1
kgCO2·kWhNG-1

Table 6. Thermal analysis

DHW Demand
Tank Losses
Total Demand
SPF
Grid Consumption
Gas Consumption
Non-RPE
CO2 Emissions

Units
kWh
kWh
kWh
--kWhE
kWhNG
kWhnRPE
kgCO2

PV-HP
2247.6
596.6
2844.2
8.91
317.6
0.0
635.2
113.4

HP
2247.6
596.6
2844.2
3.42
830.4
0.0
1663.3
269.9

Value
2.0
1.2
0.357
0.252
Boiler
2247.6
0.0
2247.6
0.92
44.9
2.442.0
3021.7
631.7

According to the results from Table 6, the PV-HP water heater has the lowest Non-renewable primary
energy consumption and the lowest CO2 emissions.
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Table 7 includes the total estimated investment costs, all the necessary investments for the
construction and the commissioning of the facilities have been considered.
Table 7. Total investment costs, in €

• INVESTMENT IN EQUIPMENTS
PV Panels
Heat Pump
Boiler
TOTAL INVESTMENT IN EQUIPMENTS
• OTHER INVESTMENTS
Design, planning and commissioning
General costs associated to works
Indirect costs and industrial benefits
TOTAL OTHER INVESTMENTS
TOTAL INVESTMENT COSTS

PV-HP

HP

Boiler

700
1200
0
1900

0
1200
0
1200

0
0
1200
1200

200
380
95
675
2575

200
240
60
500
1700

60,0
240
60
360
1560

The photovoltaic panels price drop along the last years (from 6 €/W P in 2010 to less than 2 €/W P in
2018), reduces significantly the price of the PV-HP system.
Table 8 summarizes the annualized costs for the analysed solutions. The period under consideration
for the study is 25 years, which is also the lifetime of the PV panels. An inflation rate of 3%and a
market discount rate of 3% have been also considered. On the one hand, the energy cost of
electricity is 0.15 €/kWh and its power cost 40 €/kW/year. On the other hand, the energy and power
cost of natural gas are 0.05 €/kWh and 60 €/kW/year, respectively.
Table 8. Annualized costs, in €·years-1

• REPLACEMENT COST
PV panels (25 years)
Heat Pump (18 years)
Boiler (18 years)
TOTAL REPLACEMENT COST
• MAINTENANCE COSTS
PV panels
Heat Pump
Boiler
TOTAL MAINTENANCE COSTS

PV-HP

HP

18.1

18.1

18.1

18.1

30
60

60

Boiler

18.1
18.1

90

60

60
60

• OPERATION ENERGY COSTS
Energy Cost (Electricity or Gas)
Power Cost (Electricity or Gas)
TOTAL OPERATION ENERGY COSTS

47.6
40.0
87.6

125.0
40.0
165.0

128.9
60.0
188.9

ANNUALIZED COSTS
Investment
Replacement
Maintenance
Electricity
TOTAL ANNUALIZED COSTS

119.0
18.1
87.4
85.1
309.6

78.5
18.1
58.3
160.2
315.1

72.1
18.1
58.3
183.3
331.8
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5. CONCLUSIONS
A techno-economic analysis of a domestic hot water heat pump supported by photovoltaic panels
has been carried out by using the results from a previous experimental work of one year. The heat
pump assisted by photovoltaic panels (PV-HP) has been compared to other typical solutions for
domestic hot water production. The main conclusions of the experimental analysis are:
 For a DWH demand of 2247.6 kWh·year-1, the proposed system has a consumption of nonrenewable primary energy of 635.2 kWhnRPE·year-1, while the heat pump without PV support
has 1663.3 kWhnRPE·year-1 (2.6 times higher) and the boiler has 3021.7 kWhnRPE·year-1 (4.8
times higher).
 The investment cost of the proposed system is 50% higher than the heat pump without
photovoltaic panels and 65% higher than the boiler.
 The annualized cost of the three solutions is similar, which is a positive result for the proposed
solution (PV-HP), since it is much more efficient.

NOMENCLATURE
E
P
Q
𝑄𝑄̇
T

Electrical energy (kWh)
Electrical power (kW or W)
Thermal energy (kWh)
Thermal power (kW or W)
Temperature (ºC)

DHW
ELEC
HP
PV
SYS
SPF
SC
ST
TOT
LOSS

Domestic Hot Water
Electrical Heater
Heat Pump
Photovoltaic
System
Seasonal Performance Factor
Solar Contribution
Solar Thermal Installation
Total
Thermal Losses
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ABSTRACT
Geothermal heat pump systems (GHPSs) are more energy efficient than traditional HVAC systems for
space heating and cooling applications in buildings. In this paper, the thermal performance of a
vertical closed-loop GHPS installed in a single-family residential building located in Innisfil, Canada, is
tested, analyzed and evaluated when operated in the cooling mode throughout the hottest week of the
year. Results show that the maximum and minimum coefficient of performances (COPs) of the GHPS
are 11.1 and 10.7, respectively, and variation of outdoor air temperature has no influence on the COP
of the GHPS. The average temperatures of water leaving and entering the ground loop are 13.0ºC
and 15.4ºC, respectively. Further, the average evaporator and condenser temperatures are 4.6ºC and
17.9ºC, respectively. It is concluded that compared to conventional air-source heat pumps (ASHPs),
the tested GHPS can significantly reduce space cooling energy consumption in Canadian residential
buildings.
Keywords: Air-Conditioning, Coefficient of Performance (COP), Energy Saving, Geothermal Heat
Pump System.

1. INTRODUCTION
Compared to conventional air-source heat pumps (ASHPs), geothermal heat pump systems (GHPSs)
are more energy efficient for space heating and space cooling applications in buildings (Urchueguía et
al. 2008; Hwang et al. 2009; Zhai and Yang 2011; Michopoulos et al. 2013; Kharseh et al. 2015; Zhai
et al. 2017). Fig. 1 shows a schematic of a vertical closed-loop GHPS. Like ASHPs, GHPSs are
composed of a vapor compression cycle, where supply air is cooled in the evaporator during the
cooling season and heated in the condenser during the heating season. The main difference between
GHPSs and AHPSs is GHPSs include a ground heat exchanger which is used to extract the thermal
energy of the ground to provide space heating during the heating season and reject thermal energy of
the building to the ground during the cooling season. The main objective of this work is to monitor,
analyze, and evaluate the cooling performance of a 14.3-kW vertical closed-loop GHPS installed in a
single-family residential building in Innisfil, Canada. The GHPS performance was monitored, analyzed
and evaluated throughout the hottest week of the year (June 29th to July 5th, 2018).
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(a)

(b)

Figure 1: Schematic of a vertical closed-loop geothermal heat pump system (a) cooling mode (b) heating
mode (Johnston et al. 2011)

2. THE GEOTHERMAL HEAT PUMP SYSTEM
The GHPS was installed in a bungalow located in Innisfil (latitude 44°29'N and longitude 79°33'E),
Canada. The bungalow was built in 2017 and has a total conditioned space of 328 m 2. The average
thermal resistance (R-value) of the building’s walls and ceiling are 3.3 m 2K·W -1 and 10.45 m 2K·W -1,
respectively. The windows are energy efficient with a total surface area of 24 m 2. The NFRC rating of
the windows is R-value of 0.63 m 2K·W -1 and SHGC of 0.24. The peak cooling load of this bungalow
is 6 kW.
Table 1 gives the specifications of the GHPS tested in this work. The cooling capacity of the GHPS is
14.3 kW with a 17.5 kW ground loop. The GHPS has a vertical closed-loop with 5 boreholes where
there is one polyethylene U-tube in each borehole. The depth of the boreholes is 60 m and the inner
diameter of the polyethylene U-tube is 19 mm. The GHPS is equipped with a variable capacity
compressor and a desuperheater. The desuperheater uses the waste heat to preheat the domestic
water which helps reduce domestic hot water power consumption and cost.
Table 1. GHPS specifications.
Cooling capacity (kW)

14.3

Loop size (kW)

17.5

EER
Compressor

36 - 41
Variable capacity scroll

Blower

ECM variable speed

Stages

Variable capacity

Refrigerant

R-410A
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The power consumption of the compressor, fan, and ground pump, compressor suction and discharge
pressures, evaporator temperature, condenser temperature, superheating, subcooling, water inlet and
outlet temperatures and flow rate through the ground loop, set room temperature, and actual room
temperature were monitored and data was recorded every 10 seconds. The performance of the
GHPS is evaluated based on the overall coefficient of performance (COP sys). COPsys is the ratio
between the energy removed from the conditioned space and the total power consumption of the
compressor, fan, and ground pump. Equation (1) was used to calculate the COPsys of the GHPS
tested in this study.

𝐶𝑂𝑃𝑠𝑦𝑠 =

𝑚̇𝑎𝑖𝑟 (ℎ𝑎𝑖𝑟,𝑖𝑛𝑙𝑒𝑡 − ℎ𝑎𝑖𝑟,𝑜𝑢𝑡𝑙𝑒𝑡 )
𝑊̇𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 + 𝑊̇𝑓𝑎𝑛 + 𝑊̇𝑝𝑢𝑚𝑝

Eq. (1)

Where 𝑚̇𝑎𝑖𝑟 is the air mass flow rate (kg·s-1), ℎ𝑎𝑖𝑟,𝑖𝑛𝑙𝑒𝑡 is the return air enthalpy (kJ·kg-1), ℎ𝑎𝑖𝑟,𝑜𝑢𝑡𝑙𝑒𝑡 is
the supply air enthalpy (kJ·kg-1), 𝑊̇𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 is the compressor power consumption (W), 𝑊̇𝑓𝑎𝑛 is the
fan power consumption (W), and 𝑊̇𝑝𝑢𝑚𝑝 is the power consumption of the ground loop pump (W).

3. RESULTS AND DISCUSSION
The cooling performance of the GHPS was monitored throughout the hottest week of the year (June
29th to July 5th, 2018). The outdoor air temperature was obtained from Environment and Natural
Resources Canada. The average daily outdoor air temperature, set room temperature and actual
room temperature are shown in Fig. 2. The average daily outdoor air temperature ranged between
22.3ºC and 27.7ºC. Fig. 2 shows that the GHPS was able to maintain the desired indoor air
temperature where the set and actual room temperatures were maintained nearly constant at 25ºC
throughout the entire week.
40
35

Outdoor Air Temperature (°C)
Set Room Temperature (°C)
Room Temperature (°C)

30
25
20
15
10

Figure 2: Average daily outdoor air temperature, set room temperature and actual room temperature
throughout the hottest week of the year.

The average daily outdoor air temperature and COPsys of the GHPS are shown in Fig. 3. Unlike
ASHPs where the COP strongly depends on the outdoor air temperature (i.e, COP decreases as
outdoor air temperature increases), Fig. 3 shows that although the average daily outdoor air
temperature changed by up to 5.5ºC throughout the week, the COPsys of the GHPS was maintained
nearly constant. Thus, variation of outdoor air temperature had negligible influence on the COP sys of
the GHPS. This is because the ground temperature remains relatively constant throughout the entire
summer. Fig. 3 shows that the COPsys of the GHPS was maintained nearly constant at 11 throughout
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the entire week. The average cooling COP of ASHPs ranges between 2 and 5, where ASHPs run at
low COPs during the hottest week of the year. Therefore, compared to ASHPs, the GHPS is much
more energy efficient and can significantly reduce space cooling energy consumption and greenhouse
gas (GHG) emissions.
30
25
20
15
10
5
0

Outdoor Air Temperature (°C)
COPsys

Figure 3: Average daily outdoor air temperature and COPsys of the GHPS throughout the hottest week of
the year.

Fig. 4a shows the daily total cooling loads and total power consumption of the GHPS. The total
cooling load throughout the week was 525.3 kWh and the total power consumption was 50.3 kWh.
The peak daily cooling energy demand of the building was 92.6 kWh and occurred on June 30th and
the peak power consumption of the GHPS was 8.7 kWh and occurred on July 1st. Further, the cooling
load and total power consumption varied by up to 51% and 47%, respectively, throughout the week.
Fig. 4b shows the daily compressor, ground pump, and fan power consumption of the GHPS. It is
clear that the compressor was responsible for the largest portion of the total power consumption,
where the compressor, ground pump and fan were responsible for 85.7%, 9.6% and 4.7%,
respectively, of the total power consumption of the GHPS. Moreover, the compressor power
consumption was sensitive to the cooling load variation, whereas variation of cooling load had a
negligible influence on the power consumption of fan and ground pump.

(a)

120
100
80

(b)
Total Power Consumption (kWh)
Cooling Load (kWh)

10
8
6

60
40
20
-

4
2

Total Power (kWh)
Compressor Power (kWh)
Pump Power (kWh)
Fan Power (kWh)

0

Figure 4: (a) daily total power consumption and cooling load, (b) daily compressor, fan, ground loop
pump and total power consumption of the GHPS.

Fig. 5 shows the average daily ground loop entering water temperature (EWT), leaving water
temperature (LWT), and water flow rate of the GHPS. The difference between the LWT and EWT was
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maintained constant at 2.4ºC throughout the entire week. The average LWT, EWT and water flow rate
were maintained nearly constant throughout the entire week. The average LWT, EWT, and water flow
rate were 13.0ºC, 15.4ºC, and 35.4 L·min-1, respectively.
40
35
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25
20
15
10

LWT (°C)
EWT (°C)
Water Flow (L/min)

5
0

Figure 5: Average daily leaving water temperature, entering water temperature, and water flow rate
through the ground loop.

Fig. 6a shows the average daily condenser temperature, evaporator temperature, superheating and
subcooling of the GHPS. The average condenser and evaporator temperatures throughout the entire
week were 17.9ºC and 4.6ºC, respectively, and the average superheating and subcooling were 7.2ºC
and 1.8ºC, respectively. The GHPS tested in this work is equipped with a variable capacity
compressor. The average daily compressor suction and discharge pressures are shown in Fig. 6b.
The suction and discharge pressures were maintained nearly constant throughout the entire week at
829 kPa and 1,255 kPa, respectively.

(a)

30
25
20
15

(b)
Condenser Temperature (°C)
Evaporator Temperature (°C)
Superheating (°C)
Subcooling (°C)

1500

1250

1000

10
750
5
0

500

Compressor Suction Pressure (kPa)
Compressor Discharge Pressure (kPa)

Figure 6: (a) average daily condenser temperature, evaporator temperature, superheating and
subcooling, (b) average daily compressor suction pressure and discharge pressure.

4. CONCLUSIONS
The cooling performance of a 14.3-kW vertical closed-loop GHPS was monitored, analyzed and
evaluated throughout the hottest week of the year. The GHPS was installed in a single-family
detached house (328 m 2 new construction bungalow) in Innisfil, Canada. Results show that the GHPS
was able to meet the building’s peak cooling load. The minimum and maximum overall COPs of the
GHPS are 10.7 and 11.1, respectively. The average temperatures of water leaving and entering the
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ground loop were 13.0ºC and 15.4ºC, respectively. Unlike ASHPs, the outdoor air temperature had a
negligible influence on the COPsys of the GHPS. It is concluded that compared to conventional
ASHPs, GHPS can achieve significant energy savings (up to 450%) when used for residential space
cooling applications in Ontario, Canada.

NOMENCLATURE
Parameter

Description

Unit

ℎ𝑎𝑖𝑟,𝑖𝑛𝑙𝑒𝑡

return air enthalpy

kJ·kg-1

ℎ𝑎𝑖𝑟,𝑜𝑢𝑡𝑙𝑒𝑡

supply air enthalpy

kJ·kg-1

𝑚̇𝑎𝑖𝑟
𝑊̇𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟

air mass flow rate

kg·s-1

compressor power consumption

W

𝑊̇𝑓𝑎𝑛

fan power consumption

W

𝑊̇𝑝𝑢𝑚𝑝

ground loop pump power consumption

W

Acronyms
ASHP

Air-Source Heat Pump

COP
ECM

Coefficient of Performance
Electronically Commutated Motor

EWT
GHG

Entering Water Temperature
Greenhouse Gas

GHPS

Geothermal Heat Pump System

HVAC
LWT

Heating, Ventilation, and Air-Conditioning
Leaving Water Temperature

NFRC

National Fenestration Rating Council
Solar Heat Gain Coefficient

SHGC
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ABSTRACT
Cool roof with high solar reflectance and high emittance has been demonstrated as an effective way
to mitigate heat gain from buildings. The newly proposed metamaterial based radiative cooling
surface (MRCS), has an average daily cooling power of 110 W.m–2, shows high technical potential
for the application in buildings as cool roof. The single-family houses are excellent end users of
MRCS roof account for the relatively low cooling load but high ratio of roof area to floor area. To
investigate the cooling performance of MRCS roof, three kinds of roof (i.e., MRCS roof, shingle roof,
and light-colored roof) are employed in a two-floor single-family house. The cooling benefit of MRCS
roof is analyzed with EnergyPlus. The results show that the annual cooling electricity consumption
of the house with MRCS roof can be reduced by 15.8% and 8.6% compared to the house with shingle
roof and light-colored roof, respectively.
Keywords: Cool roof, Radiative cooling, Passive cooling, Energy saving.

1. INTRODUCTION
The climate zones of marine west coast, mediterranean, wet tropical, and arid receive about 1300
to 1900 kWh.m –2 annual-averaged solar radiation (Testa and Krarti, 2017, Zingre et al., 2015a,
Suehrcke et al., 2008, Akbari and Konopacki, 2004). And nearly 30% of the solar radiation will be
converted into the indoor heat gains of buildings, including 19% through walls and 11% through roof
(Zingre et al., 2015b). The building surface with high solar reflectance and high emittance (e.g., cool
roof) has been demonstrated as an effective way to mitigate the heat gain from roof accounts for the
radiative cooling between cool roof and outer space (Zingre, 2014).
Many attentions had been paid on the cooling energy saving potential of cool roof (Synnefa and
Santamouris, 2012). Pisello et al. (2013) studied the cooling efficiency of coupled passive-active
cooling system in an industrial building by integrating with cool roof. The results showed that the cool
roof was able to eliminate the suction air overheating of the heat pump external units, and the indoor
air temperature of the room space was decreased by 2-4 °C. Romeo and Zinzi (2013) indicated that
the combination of the moderate thermal insulation and cool roof could significantly improve the
cooling efficiency of non-residential buildings in southern European countries. Pisello and Cotana
(2014) investigated the effect of cool roof on a traditional residential building in central Italy based
on the year-round monitoring data. Their results showed that the cool roof could reduce the attic
temperature by up to 4.7 °C during the hottest period of summer. Zingre et al. (2015) proposed a
new RTTV (i.e., room thermal transfer value) index to calculate the annual average heat gain from
the roof, which could be used to indicate the cooling benefit of cool roofs. Although radiative cooling
technologies had been proposed for many years, the applications were limited to nighttime
conditions since the mismatch of radiative cooling and solar radiation in the daytime (Spanaki et al.,
2014, Cotana et al., 2014, Hu et al., 2016). The newly proposed metamaterial based radiative cooling
surface (MRCS), which can be used for both nocturnal and diurnal radiative cooling, shows high
technical potential for the application in buildings as the cool roof (Zhai et al., 2017). However, the
MRCS has an average daily cooling power of 110 W.m–2 accounts for direct thermal measurement
(Zhang et al., 2018) which is relative lower to the cooling load of industry buildings. And the cool roof
has always only benefit to the top floor of the building. Thus, the single-family houses are excellent
end users of the MRCS roof account for the relatively low cooling load but high ratio of roof area to
floor area.
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To investigate the cooling performance of MRCS roof, three kinds of roof (i.e., MRCS roof, shingle
roof, and light-colored roof) were employed in a two-floor single-family house. The cooling benefit of
MRCS roof was analyzed by using EnergyPlus. Ant then the cooling electricity saving potential of
the house with MRCS roof was discussed in detail by comparing with the house with shingle roof
and light-colored roof.

2. METHODS
2.1.

Description of Model

A two-floor single-family house located at San Francisco, CA of the U.S. was selected to investigate
the cooling performance of MRCS roof. The model originated from the U.S. Department of Energy
(DOE) had eight windows and two doors on the building envelopes, and the orientation of the house
had been defined in this model (Online resource, 2019a). The dimension and the detailed
parameters were given in Fig. 1 and Table 1. The weather data employed in this study was also from
online resource of U.S. DOE (Online resource, 2019b).

Figure 1: Sketch of the two-floor single-family house
Table 1. Detailed parameters of the two-floor single-family house

Items

Description

Floor area

204 m 2

Roof area

118 m 2

Window-wall ratio

10%

Occupants

3

Air conditioning system

Split air conditioner

Indoor air temperature setpoint

Cooling: 24 oC
Heating: 22 oC

Thermal resistance

Wall: R13
Roof: R7

Thermal emittance

MRCS roof: 0.93
Light-colored roof: 0.87
Shingle roof: 0

Solar absorptance

MRCS roof: 0.04
Light-colored roof: 0.31
Shingle roof: 0.75
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To clearly indicate the cooling performance of MRCS roof, three type roofs were employed in this
study, including MRCS roof, shingle roof (i.e., typical roof of the residential building in the U.S.), and
light-colored roof (i.e., typical cool roof). The model was simulated by using EnergyPlus, in which the
two-floor single-family house was divided into two zones (i.e., living zone and attic zone). The living
zone was conditioned by a split air conditioner, and the attic zone was unconditioned. The detailed
parameters were also introduced in Table 1.
2.2.

Heat Transfer from Cool Roof

As shown in Fig. 2, the heat transfer from the cool roof was relative complex. In Fig. 2, the qcond was
the heat conduction from the cool roof to the attic zone, the qsol was the solar absorption by the cool
roof, the qconv was the convective heat transfer between the cool roof and ambient air, and the qrad
was the heat transfer between the cool roof and outer space through radiative cooling.

Figure 2: Schematic of heat transfer for cool roof

The models of above heat transfer progress were as follows (Zhang et al., 2014, Zhang et al., 2018):


T

= Isol

qcond =

Eq. (1)

qsol

Eq. (2)

qconv = h (Tsurf − Tamb )

(

Eq. (3)

qrad =  surf T 4surf − T 4sky

)

Eq. (4)

where α is the heat conductivity coefficient in W.mK, δ is the thickness of the roof in m, △T is the
temperature difference between roof and attic zone in K, λ is solar absorption coefficient, Isol is the
incident solar radiation in W.m -2, h is the convective heat transfer coefficient in W.m -2K, Tsurf is the
surface temperature of cool roof in K, Tamb is the ambient air temperature in K, σ is the StefanBoltzmann constant in W.m -2K-4, which is 5.67×108, εsurf is the emittance of cool roof, Tsky is the
effective sky temperature in K.
In Eq. (3), h was derived from (Bliss, 1961, Clark and Allen, 1978):

h = hn + hf


 9.482 Tsurf − Tamb

 7.238 − cos 
hn = 
1.810 T − T
surf
amb


 1.382 + cos 

Eq. (5)
1
3

1
3

(Tsurf

 Tamb )

(Tsurf

 Tamb )

Eq. (6)

1

 PVz  2
hf = 2.537Wf Rf 

 As 

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

Eq. (7)

4967

where hn is the natural convection component in W.m -2K, hf is the forced convection component in
W.m -2K, Wf is the wind direction modifier, Rf is the roughness multiplier of roof, P is the perimeter
length of roof in m, Vz is the local wind speed in m.s-1, AS is the area of roof in m 2.
In Eq. (4), Tsky could be calculated by (Collins and Parker, 1998):
1
4

Tsky =  sky Tamb

Eq. (8)

Td
T
Eq. (9)
) + 0.711( d )2
100
100
where εsky is the average spectral and directional longwave emissivity/absorptivity of the atmospheric
of cool roof, Td is the ambient dewpoint temperature in K.

 sky = 0.711 + 0.56(

3. RESULTS AND DISCUSSION
3.1.

Cooling Benefit of MRCS Roof

The cold energy from cool roof (i.e., light-colored roof or MRCS roof) was generated by the radiative
cooling, which could be considered as a kind of “free” cooling. The benefit of this cold energy could
result in a reduction of the cooling load addressed by the split air conditioner. It also meant that the
decreased cooling load would be covered by the cold energy produced by the cool roof. The cooling
load afforded by the split air conditioner was calculated by using EnergyPlus for the house with these
three kinds of roof separately. As shown in Fig. 3, the cooling load was significantly reduced while
the light-colored roof or MRCS roof was employed. Especially for the application of MRCS roof, the
annual cooling loads were reduced by 16.3% and 8.5% compared to shingle roof and light-colored
roof, respectively. Although the cooling load could be reduced by applying the light-colored roof
compared with the shingle roof, the cooling benefit was still lower than the MRCS roof accounts for
the relative higher solar absorptance.

Cooling load addressed by the
split air conditioner (W)

600
500

MRCS roof
Light-colored roof
Shingle roof

400
300
200
100
0

Jan Feb Mar Apr May Jun Jul AugSept Oct Nov Dec

Month

Figure 3: Cooling load addressed by the split air conditioner

3.2.

Annual Cooling Electricity Saving Potential

As mentioned in section 3.1, the cooling load afforded by the split air conditioner of the building with
MRCS roof was significantly reduced compared to that in the buildings with shingle roof and lightcolored roof. This will shorten the running period of the split air conditioner, and thus resulting in a
reduction of cooling electricity consumption. The annual cooling electricity consumption of the house
with three kinds of roof were shown in Fig. 4. Both of MRCS roof and light-colored roof could reduce
the energy consumption of the building, and the annual cooling electricity consumption of MRCS
roof and light-colored roof were decreased by 87.66 kWh and 44.67 kWh compared to that of shingle
roof, respectively. Thus, more cooling benefit could be achieved by applying the MRCS roof. For the
house with MRCS roof, the annual cooling electricity consumption was about 465.6 kWh, which was
15.8% and 8.6% lower to that of the house with shingle roof and light-colored roof, respectively.
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Annual cooling electricity consumption (kWh)
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Figure 4: Annual cooling electricity consumption

3.3.

Comparison of Monthly Cooling Electricity Consumption

To clearly indicate the cooling performance of MRCS roof, the monthly cooling electricity
consumption of the selected two-floor single-family house for the three kinds of roof were presented
in Fig. 5. Most of the cooling electricity was consumed in cooling season (i.e., June to September)
accounts for the higher cooling demand. In the cooling season, the average monthly cooling
electricity consumption of the house with MRCS roof was 80.5 kWh, resulting a reduction of 14.7%
and 7.8% by comparing with the house using shingle roof and light-colored roof, respectively.
Although small cooling demand was required in the cold month (i.e., November to March), the
percentage of cooling electricity saving achieved by applying the MRCS roof was higher than that in
cooling season. And the cooling electricity consumption of the house with MRCS roof was reduced
by 21.1% and 11.5% compared to the house with shingle roof and light-colored roof respectively in
the cold month.
The detailed results were all presented in Table 2. In addition, the orientation and slope angle of the
roof also have significant effects on the cooling performance of the cool roof, and the detailed effects
will be conducted in our future study.
Table 2. Detailed cooling load and cooling electricity consumption

MRCS roof

Light-colored roof

Shingle roof

Months

Cooling
load
(W)

Cooling
electricity
(KWh)

Cooling
load
(W)

Cooling
electricity
(KWh)

Cooling
load
(W)

Cooling
electricty
(KWh)

Jan

0

0

0

0

0

0

Feb

45.14

8.26

50.87

9.29

57.32

10.42

Mar

100.33

20.75

112.84

23.26

125.71

25.91

Apr

121.57

24.72

137.29

27.83

154.31

31.21

May

162.85

34.77

179.76

38.25

198.23

42.07

Jun

337.19

69.95

368.17

76.29

399.45

82.71

Jul

289.16

58.15

322.39

65.03

357.1

72.2

Aug

447.73

93.95

483.77

101.53

520.96

109.3

Sept

500.29

100.27

533.42

106.96

567.9

113.87

Oct

213.31

44.85

231.61

48.73

250.23

52.6

Nov

47.42

9.1

54.12

10.31

60.79

11.59

Dec

4.81

0.79

6.23

1.07

7.69

1.34
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Cooling electricity consumption (kWh)
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Figure 5: Monthly cooling electricity consumption

4. CONCLUSION
In order to study the energy saving potential of MRCS roof, the cooling performance of the building
with three kinds of roof (i.e., MRCS roof, shingle roof, and light-colored roof) were compared in a
two-floor single-family house located at San Francisco, CA of the U.S. The cooling load addressed
by the MRCS roof was analyzed, and both annual and monthly cooling electricity consumption of the
split air conditioner were discussed in detail for the house with MRCS roof. The main conclusions
were as followings:
 By employing the MRCS roof, the cooling load afforded by the split air conditioner of the twofloor single-family house was decreased by 16.3% and 8.5% compared to the house with shingle
roof and light-colored roof, respectively.
 The annual cooling electricity consumption of the house with MRCS roof was 15.8% and 8.6%
lower to that with shingle roof and light-colored roof.
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NOMENCLATURE
roof area (m 2)
forced convection component of
roof (W.m -2K)
incident solar radiation (W.m -2)
perimeter length of roof (m)
ambient air temperature (K)
effective sky temperature (K)
the temperature difference
between the two sides of the roof
(K)

h

convective heat transfer coefficient (W.m -2K)

hn

Nature convection component of roof (W.m -2K)

α
Rf
Td
Tsurf

heat conductivity coefficient (W.m -2K)
roughness multiplier of roof
ambient dewpoint temperature (K)
surface temperature of cool roof (K)

Vz

local wind speed (m.s-1)

Wf

wind direction modifier

εsky

εsurf
λ

emittance of cool roof
solar absorption coefficient

σ
δ

AS
hf
Isol
P
Tamb
Tsky
ΔT

average spectral and directional longwave
emissivity/absorptivity of the atmospheric
Stefan-Boltzmann constant (W.m -2K-4)
Thickness of the roof (m)
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ABSTRACT
Energy consumption data for 2017 were analysed for 190 retail (supermarket) stores from one
retailer in the UK. The relationship between energy consumption and store size was investigated.
The mean energy intensity defined by the ratio of electrical energy consumption across the sales
floor area was 866 kWh.m -2.yr-1 for an average sales floor area of 469 m 2. Plotting energy intensity
against store size showed that smaller stores had a higher energy intensity. Measuring energy
intensity using electrical energy consumption, total energy consumption, sales or gross floor area,
perimeter area of the store and store volume all showed a similar trend. Electrical energy
consumption is well correlated with refrigeration capacity (r2 = 0.779), however, it is has a slightly
better correlation with sales floor area (r2 = 0.883). . When including these data with other data
from previous studies, it can be seen that large stores (supermarkets) had an approximately
constant energy intensity (decreasing slightly with increased floor area) and smaller stores
(convenience) had a much higher energy intensity which increases strongly with decreasing floor
area. Therefore to represent stores ranging from small to large a power law relationship is
required.
Key words: Benchmarking, supermarket, energy consumption, retail
1

INTRODUCTION

In the UK, the retail sector accounts for 4.3 million tonnes of oil equivalent (MTOE) per year or 9.9
MtCO2e emissions (Lee et al., 2009). Seventy per cent of this energy use is from electricity. Foster
at al. (2018) showed that refrigeration accounts for an average of 33% of total electrical energy for
a UK retailer (based on 565 stores).
Comparing energy consumptions between different stores is not sensible unless the size of the
store is taken into account, e.g. a large store should use more energy than a smaller store.
Therefore, energy intensity, sometimes called specific energy consumption, is considered a useful
metric to compare the energy efficiency of different size retail stores. Energy intensity is calculated
by taking a metric of the energy consumption (the dividend) and dividing by another metric of the
size of the store (the divisor) which normalises the data to allow comparisons between different
size stores. The two dividends used are either the electrical energy consumption (EEC) or the total
energy consumption (TEC), which includes natural gas. The two divisors used are either the gross
floor area (GFA) or the sales floor area (SFA). There is no standard measurement and therefore
data is often presented using either a dividend or divisor, making it difficult for comparisons.
Tassou et al. (2011) showed that energy consumption and emissions from supermarkets varies
widely and can depend on many factors such as the type and size of the store, business and
merchandising practices and refrigeration and environmental control systems used. Their data
showed that electrical energy intensity plotted against SFA followed a power law with almost
constant electrical intensity at high sales area and electrical intensity rising rapidly for small sales
area. For small (convenience) stores with self-contained ‘integral’ refrigeration equipment, energy
intensities were approximately 300 kWh.m -2.yr-1 higher than stores using predominantly centrally
located ‘remote’ refrigeration equipment. They also showed the standard deviation of the stores
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with integral refrigeration was also slightly higher than the stores with remote refrigeration. Other
factors that were considered to have an important influence on the electrical energy intensity of
convenience stores, were the balance between temperature controlled (refrigerated) and ambient
products and the balance between frozen and chilled food cabinets.
Chung et al (2006) showed energy intensity was affected by building age, floor area, operation
schedule, number of customers and occupants’ behaviour. Foster et al. (2018) showed energy
intensity was related to store age and opening hours. In data from one UK retailer’s stores Foster
et al. (2018) showed energy intensity decreasing linearly with floor area and energy intensities
which were significantly lower than those presented by Tassou et al. (2011).
This paper analyses recent, so far unpublished, UK supermarket energy intensities from a retailer
with predominantly smaller stores than those previously analysed by Foster et al. (2018).
Different ways of calculating energy intensity and the relationship between the size of stores’
refrigeration systems and energy intensities are investigated. The paper also compares the new
data on smaller stores with previously published data on mainly larger stores to better ascertain the
relationship of energy intensity over a large range of store sizes.
2

METHOD

Energy consumption data for 2017 was analysed for 190 retail stores from one retailer in the UK.
Energy intensity was calculated using both EEC and TEC as the dividend and SFA and GFA as
the divisor. Energy intensities were also calculated using two other divisors, perimeter area (PA)
and store volume (SV)
As the heat flow due to conduction into and out of a building through the walls is generally
proportional to the total surface area of all sides of the building (including floor and roof), it was
considered that energy consumption may better correlate with the perimeter surface area, which in
this analysis was termed PA. The height of each of the stores was unknown, however the retailer
approximated that convenience stores (SFA < 280 m 2) had a celling height of 3.2 m and that
supermarkets (SFA > 280 m 2) had a celling height of 5 m.
It was also considered that energy consumption may also correlate well with store volume, so both
sales volume (SV) (SFA x height of store) and gross volume (GV) (GFA x height of store) were
used in the analysis.
In smaller stores, refrigerated food typically takes up a greater proportion of floor area than it does
in larger stores as larger stores will merchandise more non-grocery products. As refrigeration is
responsible for a large part of the energy used by stores (33% of electrical consumption according
to Foster et al., 2018), refrigeration capacity (RC) was considered to assess whether it correlated
well with energy intensity.
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3
3.1

RESULTS

Relationship between energy consumption and size of store

Table 2 shows the mean and standard deviation (SD) of the different energy consumptions and

floor areas for the supermarket stores.

Table 1. Mean and standard deviation of energy consumption and store areas.

Mean

SD

Gross floor area (m 2)

738

741

Sales floor area (m 2)

469

493

Electrical energy consumption (MWh.year -1)

327

283

Total energy consumption (MWh.year -1)
(gas+electrical)

371

352

EEC was plotted against SFA in Figure 1. A good linear relationship is shown (r 2 = 0.870).
However, the linear regression does not go through zero, with an offset of 75.8 ± 20.2 MWh.yr-1
within a 95% confidence band.
This offset did not seem significant when looking at all the total data set, however, when examining
only the smaller stores (Figure 2), it is obvious that the offset was a significant part of the energy
consumption for smaller stores.
y = 0.5351x + 75.814
R² = 0.8704
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Figure 1. EEC against SFA for all stores.
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Figure 2. EEC against SFA for the smaller stores.
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3.2

Relationship between energy intensity and size of store

Table 2 shows the mean and standard deviation (SD) values for the different energy intensities

examined. As can be seen there is a large standard deviation of all of the energy intensities. The
two energy intensities based on store volume had standard deviations larger than 50% of the
mean. The lowest standard deviation as a proportion of the mean (33%) was based on perimeter
area.
Table 2. Mean and standard deviation of supermarket store parameters.

Mean

SD

%
SD/mean

EEC/SFA (kWh.year-1.m -2)

866

408

47

EEC/GFA (kWh.year-1.m -2)

533

239

45

TEC/GFA (kWh.year-1.m -2)

568

244

43

EEC/PA (kWh.year .m )

193

64

33

EEC/SV (kWh.year-1.m -3)

243

143

59

EEC/GV (kWh.year-1.m -3)

157

84

54

-1

-2

In cases where there is so much variance around the mean, it is common in the literature to plot
the energy intensity against the divisor. If the results give a flat line then the energy intensity is an
ideal way of comparing stores of different sizes, as the value is constant for different store sizes. If
the energy intensity is not constant then a relationship between the energy intensity and the size of
store can be shown by line fitting (regression analysis).
Figure 3 shows energy intensities plotted as EEC/SFA, EEC/GFA, TEC/GFA, EEC/PA, EEC/SV
and TEC/GV. All energy intensities show a similar power law relationship to that given by Tassou
et al. (2011).
A better correlation coefficient (r 2) is shown when the energy intensity is based on volume rather
than area. EEC/SV and TEC/GV give r2 values of 0.77 and 0.63 respectively, which are higher
than the r2 of 0.54 from the usually reported EEC/SFA.
If we wish to compare energy intensities between stores there is clearly less variance between the
predicted and actual values if we use a power law relationship, and this relationship shows less
variance when volume is used as the divisor. If we wish to use mean data and not consider energy
intensity varying with size, then it is better to use perimeter area as the divisor, as this gives the
lowest %SD/mean.
3.3

Effect of refrigeration

RC values were not available for all stores and therefore the number of samples in the analysis
was reduced to 139. When RC was plotted against SFA (Figure 4), a slope with a statically
significant (P>0.95) positive offset is shown, much like when EEC is plotted against SFA. This
shows that smaller stores have proportionally more refrigeration capacity as can be seen when
RC/SFA is plotted against SFA (
Figure 5). As a significant part of the energy
consumption of the store is through refrigeration, this indicates that this is a reason for increased
energy intensity in smaller stores.
Figure 6 shows EEC vs RC and EEC vs SFA for the reduced (139 samples) data set. There was a
good correlation between EEC and RC (r 2 = 0.779), however, this was not as high as that for EEC
vs SFA (r2 = 0.883). This was due to the quality of the data, where SFA is more accurately known
than RC and also because RC is not the actual refrigeration capacity of the store but a nominal
value specified when the refrigeration system was contracted.
A multiple regression of EEC using both SFA and RC was carried out. This only reduced the
standard error from 80.3 to 79.6 (MWh.m -2.yr-1) compared to a single regression using SFA as the
factor and therefore was not considered useful.
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Figure 3. Power law regression for energy intensity intensities plotted as EEC/SFA, EEC/GFA,
TEC/GFA, EEC/PA, EEC/SV and TEC/GV.
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3.4

Comparison with other studies

Data from a different UK retailer’s stores (Foster et al., 2018) showed a linear relationship between
EEC/SFA and SFA, with EEC/SFA reducing slightly with increasing SFA. Average EEC/SFA was
566 kWh.m -2.yr-1 and average SFA was 3,306 m 2. This was very different to the data presented in
this paper with an average EEC/SFA of 866 kWh.m -2.yr-1 and a non-linear relationship with SFA.
However, the average SFA for this study was 469 m 2 and as we have shown the EEC/SFA is very
dependent on SFA. Figure 7 shows EEC/SFA plotted for both data sets, the figure on the right
includes all data and the figure on the left only stores below 4,000 m 2 SFA.
It can be seen that when EEC/SFA values from this study are plotted with those from Foster et al.
(2018) there is a good match between stores with similar SFAs. This study covers the small SFAs
where there is a power law relationship and Foster et al. (2018) covers large SFAs where there is a
linear relationship.
The inverse power relationship observed by Tassou et al. (2011) was seen in this study. For SFA
below 280 m2 Tassou et al. (2011) showed an average EEC/SFA of 1480 kWh.m -2.yr-1. Data from
this study showed a similar EEC/SFA at the very low SFAs but once SFA reached approximately
280 m 2 the EEC/SFA dropped to approximately 750 kWh.m -2.yr-1 which is about half that in the
Tassou et al. (2011) study. As stated in Foster et al. (2018) the reason for this difference is not
obvious.
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Figure 7. SEEC v SFA for this study and a previous study. Left figure includes all SFAs and right
figure SFAs below 4000 m2.
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4

DISCUSSION AND CONCLUSIONS

This study of small supermarket stores complements a previous study on larger stores (Foster et
al. 2018) and thus provides recent energy consumption data to allow benchmarking comparisons.
Large ‘supermarket’ stores have been shown to have an approximately constant energy intensity
(decreasing slightly with increased floor area). Smaller ‘convenience’ stores have a much larger
energy intensity which increases strongly with decreasing floor area. This can be represented by a
power law relationship between energy intensity and store size or a linear relationship with a
positive offset between energy consumption and store size.
Calculating energy intensity using electrical or gross energy and sales, floor, perimeter or volume
shows a similar pattern. When looking at the energy intensity irrespective of store, using the PA as
the divisor gives the smallest variance in the data. When using a power law relationship between
energy intensity and store size, using store volume as the divisor gives the smallest variance.
EEC is well correlated with RC, however, it has a slightly better correlation with SFA.
5
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NOMENCLATURE
EEC

Electrical energy consumption (MWh.yr-1)

PA

Perimeter area (m 2)

RC

Refrigeration capacity (Horse power)

SFA

Sales floor area (m 2)

TEC

Total energy consumption (kWh.m -2.yr-1)

TFA

Total floor area (m 2)
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ABSTRACT
Data Centers are growing steadily worldwide and they are expected to continue on growing up to
53% in 2020. Due to this growth the energy efficiency in this type of building is essential. There are
methodologies to measure this efficiency; one example is PUE (Power Usage Effectiveness). The
unit suggested for measuring efficiency at the design stage would be the EUED (Energy Usage
Efficiency Design) with this will be used data to use "free cooling" and adiabatic system in some
cases, a comparison will be made only considering the equipment in the worst situation. It also uses
the study of enthalpy utilization as a new methodology to obtain the results. By doing so, differences
were found, between cities than 1.21% of São Paulo in relation to Curitiba and 10.61% of Rio de
Janeiro in relation to Curitiba. The indices obtained by applying the EUED index were 1.245 kW .kW 1
for Curitiba, 1.260 kW .kW -1 for São Paulo and 1.377 kW .kW -1 for Rio de Janeiro, respectively, giving
a difference of 16.86% for Curitiba of 16.19% for São Paulo and 10.31% for Rio de Janeiro in relation
to PUE COA (Power Usage Effectiveness Constant Outdoor Air).
Keywords: Data Centers, PUE, EUED, Data Center Cooling.

1. INTRODUCTION
Mobile traffic is expected to grow almost fourfold in less than a decade – from 3.9 ZB (ZetaBytes) in
2015 to 14.1 ZB per year by 2020, according to Converge Comunicações, the main Brazilian
communication group dedicated to the Information and Communication Technology (ICT) market.
The data comes from Cisco Systems' Sixth Annual Global Cloud Index (2015-2020) which attributes
this expansion to the increasing enterprise migration of IT systems to cloud and its ability to expand
quickly and efficiently to support more workloads than that of traditional data centers (DCs).
With higher DC virtualization rates, cloud operators will be able to offer a greater variety of services
to businesses and consumers with optimal performance. According to the analysis, the cloud will
dominate and exceed traditional DC growth by 2020 when 92% of the workload will be processed
by cloud DC and 8% by traditional DCs.
Moreover by 2020, $298 million dollars or 68% of the cloud workload will be placed in public cl oud
data centers, compared to $66.3 million dollars or 49% recorded in 2015 – a 35% compound annual
growth rate between 2015 and 2020. Resources like Internet of Things (IoT) and Big Data will boost
the market. IoT will be a great data generator, reaching 600 ZB per year by 2020 which is 275 times
greater than the projected traffic between DCs and devices / end users (2.2 ZB) – 39 times greater
than the total traffic of DCs (15.3 ZB). Big Data is already driving the overall growth of storing data.
Data stored in data centers will increase fivefold by 2020, reaching 915 Exabyte (EB) – an increase
of 5.3 times (a compound annual growth rate of 40%) from the 171 level EB in 2015.
For the first time, Cisco also quantified and analysed the impact of hyper scale DCs which are
expected to grow from 259 in 2015 to 485 by 2020. DC hyper scale traffic is expected to increase
fivefold over the next five years. These infrastructures will account for 47% of installed servers.
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With the growth of DCs, one of the major challenges is to improve the performance and efficiency of
DCs, largely due to the heat dissipated by the servers, while the enormous number of equipment
installed to increase the storage capacity also greatly in-creases the electrical power and
consequently the heat dissipation. To improve heat dissipation, some DCs even moved to places
where average air temperature is lower – places like the Arctic Circle or Sweden – to achieve better
energy efficiency in the cooling process.
Efficiency metrics are defined and standardized to compare the efficiency of DC systems and their
operating costs. A global consortium of IT equipment manufacturers, technology companies,
government, education and R&D institutions, class associations and other sectors of society have
also been set up to discuss, develop and recommend best practices for energy efficiency along with
emission of CO2. One such metric is Power Us-age Effectiveness (PUE) defined by The Green Grid
(2012) as an instrument to measure the energy efficiency of a DC. The parameter is the ratio of the
total energy consumed by a DC and the power supplied to the IT equipment. The ideal PUE value
would be 1.0. There are already reported cases of DCs with PUE = 1.02 (Saylor et al., 1998).
There are other factors that do not touch this research work, for example: energy availability, and
seismic risk, focusing exclusively on areas of greater impact beyond the IT equipment itself such as
thermal areas. A typical DC (with PUE = 2.1) has the following distribution of electricity consumption
(Rasmussen, 2012).

Figure 1: Distribution of electricity consumption in a typical DC (Rasmussen, 2012).

The point is that in a typical DC, except for the 47% out of the remaining 53% of electrical
consumption used in computer equipment, the air conditioning system is responsible for 38% of total
electricity consumption. IT and air conditioning correspond to about 72% of all electrical consumption
in the infrastructure. Since the emphasis of this work is not directed at the efficiency of computer
equipment, the idea is to use an index that can help investors to have the needed support when
deciding the most suitable place for the installation of a DC, using an abacus with simple and basic
elements. According to EY (2015), executives need to "Increase the speed of decision making and
the efficiency of project execution to take advantage of windows of opportunity".
One such metric is called Power Usage Effectiveness (PUE), defined by The Green Grid (2012) as
an instrument to measure the energy efficiency of a DC. This parameter is the ratio of the total power
consumed by a DC and the power supplied to the IT equipment. The ideal PUE value would be 1.0.
Already reported cases of CD with PUE = 1.02.
According to EY (2015), executives need to "Increase the speed of decision making and the
efficiency of project execution to take advantage of windows of opportunity."
A truly accurate metric will be to create a new index called Energy Usage Effective-ness Design
(EUED). This metric will emphasize the outside characteristics of the DC, studying the weather and
geothermal characteristics.
To do so, a pre-project study using natural indexes can accelerate decision making at the most
appropriate location for the location of a thermal DC, i.e., making use of an index involving four
elements. In the correlation, the index for decision making will consist of the following parameters:
• Dry air bulb temperature;
• Wet bulb temperature of air;
• Soil temperature (geothermal);
• Dew point temperature of air.
And the air behaviour in relation to the cited parameters. These parameters will fuel a new efficiency
index in DCs that will be Energy Usage Effectiveness Design (EUED), which works with an emphasis
on energy rather than power such as PUE. In addition to the PUE (Power Usage Effectiveness),
defined by The Green Grid (2012), the Thermal Guidelines for Data Processing Environments
already have some simulations for the use of "Free cooling" for some cities of the United States of
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America, like Chicago. However, in this work the evaporative and geothermal adiabatic systems are
included in the simulations to create the new index Energy Usage Effectiveness Design (EUED) to
evaluate DCs instead of PUE. This work shows the analysis of ASHRAE Thermal Guidelines for
Processing (2015) for 3 target cities.
Intended for the calculation of the EUED and subsequent comparison with the PUE values, the
analysis, and discussion of results, aimed to obtain a higher level of information to be used in
decision making for a place to install a DC

2. SELECTED CITIES AND THEIR CHARACTERISTICS
Looking at the comparison metrics, the article will be based on a high-density Datacenter. The
chosen cities of similar characteristics are:
• Curitiba, Paraná, Brazil;
• São Paulo, São Paulo, Brazil;
• Rio de Janeiro, Rio de Janeiro, Brazil.
The cities are close to large basins, (based by the Brazilian Association of Technical Standards –
ABNT) (NBR 16401, 2008), and have similar characteristics:
Table 1. Data from the cities of Curitiba, São Paulo, and Rio de Janeiro (NBR 16401, 2008)

City
Curitiba
Curitiba
Curitiba
São Paulo
São Paulo
São Paulo
Rio Janeiro
Rio Janeiro
Rio Janeiro

Year frequency
0.4 %
1.0%
2.0%
0.4%
1.0%
2.0%
0.4%
1.0%
2.0%

DB (°C)
30.9
29.8
28.7
32.0
31.0
30.0
34.0
32.7
31.8

WB (°C)
23.2
22.6
22.0
23.2
22.6
22.1
26.6
26.2
25.8

Altitude (m)
908
908
908
803
803
803
3
3
3

The difference between the dry bulbs of cities Curitiba and São Paulo is 3.56% and Curitiba and Rio
de Janeiro is 10.03%, and for psychrometric effects, the altitude of Curitiba is 908 m, São Paulo is
803 m and Rio de Janeiro is 3 m.
For comparison purposes, a high density DC of 414 m² is used, measuring 28.8x14.4 m, and with a
heat dissipation of equipment (347.3 kW of sensible heat, that is 0.84 kW .m -2), and an internal
thermal load of 48 kW (conduction, lighting = 8 kW in total), people and others (40 kW of losses in
Nobreak and others) – 8 equipment were selected (4 active equipment and 4 reserved) of 30 TR
"dual Fluid", with 85% Sensitive Heat Factor, as shown in Fig. 2 and Table 2.

Figure 2: Data Center scheme
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The standard air conditioning equipment used in DCs of dual fluid has the features detailed in Table
2.
Table 2. Feature standard air conditioning equipment used in DCs of Dual fluid (EMERSON
NETWORK POWER, 2016)

Model
Total cooling capacity
Sensible cooling capacity
SHR
EER
Number of compressors
Number of compressors
Air delivery
Max. ESP
Sound pressure level
Width
Depth

Units
kW
kW

N
N
m³∙h-1
Pa
dB(A)
Mm
Mm

L99
194.6
89.3
0.85
3.40
2
2
21100
90
66.9
2550
890

The approximate capacity of 30 TR (Cooling Tonnage or 104.6 kW, for each of the eight equipment,
being 1 active and another reserved), has an Energy Efficiency Rate (EER) of 3.4 kW ∙kW -1 (in the
condition of direct expansion), i.e. the power feeding point of the air conditioning to meet the thermal
load will be 123.5 kW, therefore, the PUE COA will be as follows:
PUE COA= Total energy (data equipment + air conditioning + lighting + losses of nobreak and
inverters, and others) / data equipment energy:
(347.3+123.05+8+40) / (347.3) = 1.50 kW∙kW -1
This value of 1.50 kW∙kW -1 is an excellent value since a typical DC already quoted above is 2.1
kW∙kW -1.
These yields of air conditioning equipment were based on an air inlet temperature in the condenser
from 33 to 35°C, a condition close to the two cities already mentioned, i.e. the PUE of the two cities
would be the same.

3. COMPARING PUE COA AND EUED
The PUE COA (Power Usage Effectiveness Constant Outdoor Air) is the same PUE index, but with
an emphasis on the external temperature at the mean of 0.4% of the current higher temperatures of
NBR 16401. Unlike the PUE already mentioned that works only with power indexes, the index
created in this EUED article works with the 8760 hours (the metrics being the usage of energy instead
of power, which is already a suggestion for the ISO 50006 where they have been using, for
commercial buildings, the metric of kWh.m -2).
Using annual dry bulb temperature indexes associated with the coincident dew point temperature
(data from the ASHRAE Weather Data Viewer), they obtain EUED indexes, classified as:
• Free Cooling - System that allows the use of the enthalpic characteristics of the external air
to acclimatize an enclosure;
• Evaporative - Adiabatic cooling, which consists of cooling the environment using the wet bulb
temperature;
• COP - Performance coefficient, which is used to evaluate the relationship between the
refrigeration capacity and the work spent to do it.
Based on an inflation temperature of 20°C on average, we worked with the EUED methodology, with
the following factors:
• When the temperature is below 20°C, and the enthalpy is below 18.4 BTU .LB-1, Free Cooling
will only be used;
• When the temperature is between 15 to 24°C, and the enthalpy of 18.4 to 24 BTU.LB-1, the
Evaporative system will be used;
• When the temperature is at any point above 20°C, and above 24 BTU.LB-1, the normal system
will be used under the following conditions:
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o
o
o
o

Air inlet temperature between 24 and 27°C = COP 1;
Air inlet temperature between 27 and 30°C = COP 2;
Air inlet temperature between 30 and 33°C = COP 3;
Air inlet temperature above 33°C in any condition = COP 4.

In order to simulate the conditions of COP 1, COP 2, COP 3, and COP 4, the Cool pack software
(where it was initiated by condition 4) was used to simulate a standard isentropic coefficient to be
able to identify the COP with the variation in the condensation temperatures, for the temperature
effect of condensation was used by default; that is the average air in-take temperature for each
situation added to 11°C, with the following conditions:
Table 3. Distribution of electricity consumption in a typical DC

Cases

Power of base
equipment (kW)

Condensing
temperature (ºC)

COP 1
COP 2
COP 3
COP 4

104.5
104.5
104.5
104.5

36.5
39.0
42.5
44.0

•

•
•
•

Evaporation
temperature
(ºC)
5
5
5
5

Cooling Fluid

COP
(kW∙kW -1)

R 410 A
R 410 A
R 410 A
R 410 A

4.381
4.101
3.745
3.633

The calculation for COP 4 should consider fans powered at 7.36 kW; that is, in the case of
study COP 4, the value of the COP without the fans reaches 4.829. To achieve the COP with
the fans, the following equation will be used: (104.5 / 21.64 kW from compressors + 7.36 kW
from fans) = 3.633 kW∙kW -1.
COP 3 considered fans powered at 7.36 kW, that is: a COP of 5.087, with the fans, goes to
(104.5 / (20.54 kW from compressors + 7.36 from fans) = 3.745 kW∙kW -1.
COP 2 having fans powered at 7.36kW, the COP will be (104.5 kW / (18.12 from compressors
+ 7.36 from fans) = 4.101 kW∙kW -1; and without fans it will go up to 5.768 kW∙kW -1.
And finally, COP 1 with fans powered at 7.36 kW, the COP will be (104.5 kW / (16.49 + 7.36)
= 4.381 kW∙kW -1; while the COP without fans will go to 6.338 kW∙kW -1.

From the COPs obtained by the CoolPack software and the basic data of the enthalpy system
methodology for DCs, a system of wide psychrometric coverage was elaborated for all possible
external temperature points, either for "Free Cooling", Evaporative or just Cooling (see Fig. 3).

Figure 3: Psychrometric chart (COOLPACK, 2016)
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Using the ASHRAE weather data viewer (ASHRAE, 2013), the association of the dry-bulb
temperature frequencies with the coincident dew point temperatures was defined as the method;
and at each point, the enthalpy associated with this relation was found in the following cumulative
frequencies for each system and city (Table 5):
Operating system
Free Cooling
Evaporative
COP 1
COP 2
COP 3
COP 4

Table 4. Data for psychrometric chart

Total Thermal Charge
395.3
395.3
395.3
395.3
395.3
395.3

COP (kW .kW -1)
19.180
16.780
4.381
4.101
3.795
3.633

Table 5. Frequency in hours of usage

Operating system
Free Cooling
Evaporative Cooling
COP 1
COP 2
COP 3
COP 4

Curitiba hours
4410.000
3453.887
579.743
269.874
45.987
0.509

Power (kW)
20.610
23.558
90.231
96.391
105.554
108.808
Rio Janeiro Hours
159.515
2131.860
4536.432
1108.059
554.971
269.163

São Paulo hours
2574.191
4713.820
906.945
434.482
122.639
7.922

Using the same ASHRAE software, selecting the EUED index as proposed, it classified the
frequencies in working hours for the three cities. It is noteworthy that between cities there are
differences. In Curitiba the evaporative system, when the temperature is between 15 to 24°C and
the enthalpy of 18.4 to 24 BTU/LB, had a higher frequency, which is 3453.887 hours; São Paulo
4713.20 hours, and Rio de Janeiro 2131.860 hours of frequencies. With a Free Cooling, with a
temperature below 20°C and the enthalpy lower than 18.4 BTU .LB-1, Curitiba has 4410 hours of
frequency, the São Paulo have 2574.191 hours, and Rio de JANEIRO 159.515 hours.
According to Table 5, it is verified that with the rules proposed in the EUED, 6 levels were classified:
Free Cooling; Evaporative; COP 1; COP 2; COP 3; COP 4. The cities of Curitiba, São Paulo and Rio
de Janeiro, have different air consumption energy according to their temperature and enthalpy. In a
period of 8760 hours, São Paulo used 18.06% more energy than Curitiba, and Rio de Janeiro 57.35%
more energy than Curitiba. Another view in this table shows the relation between COP and energy.
The higher the COP the lower is the energy consumption (see Table 6).
Energy consumption with infrastructure, which is the sum of energy consumption plus air
conditioning, equipment, lighting and other equipment, between cities show a difference of more
than 1.21% for São Paulo in relation to Curitiba; and 10.61 % for Rio de Janeiro in relation to Curitiba.
The indexes obtained with application of the EUED index were, respectively, 1.245 kW∙kW -1 for
Curitiba, 1.260 kW∙kW -1 for São Paulo, and 1.377 kW∙kW -1 for Rio de Janeiro, showing a difference
of 16.86% for Curitiba, São Paulo 16.19%, and 10.31% for Rio de Janeiro in relation to the PUE, as
shown in Table 8.
Table 6 - Calculations using index EUED rules.

Thermal
COP
Operating system
Load Total (kW) (kW∙kW -1)
Free Cooling
395.3
19.180
Evaporative cool.
395.3
16.780
COP 1
395.3
4.381
COP 2
395.3
4.101
COP 3
395.3
3.745
COP 4
395.3
3.633

Power
(kW)
20.610
23.558
90.231
96.391
105.554
108.808

Curitiba
(h)
4410.000
3453.887
579.743
269.874
45.987
0.509

São Paulo
(h)
2574.191
4713.820
906.945
434.482
122.639
7.922

Rio de
Janeiro (h)
159.515
2131.860
4536.432
1108.059
554.971
269.163
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Table 7. Final results in the calculations using the EUED index rules

Infra Rio Janeiro kW/h year
Infra Curitiba kWh year
Infra São Paulo kWh year
EUED Curitiba
EUED São Paulo
EUED Rio de Janeiro
DIFFERENCE EUED/PUE COA Curitiba year
DIFFERENCE EUED/PUE COA São Paulo year
DIFFERENCE EUED/PUE COA Rio de Janeiro year

4190415.928
3788397.606
3834530.819
1.245
1.260
1.377
16.86%
16.19%
10.31%

Table 8. Comparison of PUE COA, EUED, COP PUE COA and COP EUED

CITIES
Curitiba
São Paulo
Rio de Janeiro

PUE COA
1.455
1.467
1.481

EUED
1.245
1.260
1.377

COP PUE COA
3.745
3.642
3.463

COP EUED
13.553
11.481
5.629

Figure 4 shows the comparative information of the COP PUE COA and COP EUED. The COP EUED,
COP is much larger than the other cities compared, so this is the best way to map the possibilities
in the project and to have satisfactory results in the installations of new DCs.

Figure 4: Comparison of COP PUE COA and COP EUED

4. CONCLUSIONS
The proposed EUED index is a more reliable index compared to the PUE to analyse energy efficiency
in new DCs by the fact that it uses energy rather than power for comparison between systems as a
metric. Enthalpy is an essential tool for choosing the best place to insulate a DC, for the holistic view
it understands. Energy consumption with infrastructure, which is the sum of energy consumption with
air conditioning, equipment, lighting and other equipment, between the cities gives a difference to
more than 1.21% of São Paulo in relation to Curitiba and 10.61% of Rio de Janeiro in relation to
Curitiba. The indices obtained with application of the EUED were, respectively, 1.245 kW .kW -1 for
Curitiba, 1.260 kW .kW -1 for São Paulo and 1.377 kW .kW -1 for Rio de Janeiro, giving a difference of
16.86% for Curitiba, 16.19% for São Paulo and 10.31% for Rio de Janeiro in relation to PUE COA.
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ABSTRACT
Building sector accounts for nearly 40% of the global energy consumption. Energy-hub is attached
attentions for the energy/cost saving and load shifting of building. In this paper, we proposed a model
predicted control (MPC) based demand-side building energy management framework in the energyhub structure. Simulations in four scenarios with dynamic electricity price were conducted on a
building to investigate the energy saving potential under the proposed framework. In scenario 1 and
2, building climate control and economic control were employed to track the indoor temperature
setpoint and minimize the cost respectively. In the scenario 3, a typical demand response problem
with electric storage device was studied while an additional on-site generation component was
considered in scenario 4. The results demonstrate that scenario 2 can achieve 21% cost saving
compared to scenario 1. Furthermore, scenario 3 and 4 can achieve nearly 20% and 31% cost saving
compared to scenario 2.
Keywords: Model Predictive Control, Energy Hub, Building Climate Control, Demand Response,
Demand-Side Energy Management.

1. INTRODUCTION
Building energy consumption accounts for approximately 40% of the global energy demand
(Kolokotsa et al., 2011), and heating, ventilation and air-conditioning(HVAC) system account for a
large part. Meanwhile, heating and cooling power always increase the peak load demand which
means the plant capacity need be increased to meet the system peaks. That causes
disproportionately high social costs since the plant is not dispatched at the off peak hours (Kircher
and Zhang, 2015). In this context, demand-side energy management (DSEM) program which aims
at reducing the building peak load, has elicited extensive attention.
More specifically, building have considerable demand response potential due to the thermal storage
capacity (Wang et al., 2014). Furthermore, HVAC system can utilize the storage characteristics to
shift the heating or cooling load demand away from peak hours without sacrificing the indoor comfort
level. From this point, DSEM can employ HVAC equipment to shape the end-users’ energy
consumption profiles to achieve the load shifting and cost saving under the dynamic electricity prices.
However, it is challenging to reduce considerable peak load demand solely by the thermal storage
capacity of building. On the one hand, curtailing heating power blindly in the peak hours of winter
may cause negative influence on the comfort level of occupants due to the limited thermal storage
capacity. On the other hand, the optimization-based HVAC control method is necessary for
maximizing economic benefits while minimizing the impact on the thermal comfort level.
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Energy hub, which allows the building to connect with the grid, thermal/electricity storage component
and on-site generation, is a promising option for extending the pool of demand response resources.
Under the framework of energy hub, building operators can employ the battery to store electricity
energy at the low prices time and discharge the energy to HVAC system at the peak hours.
Furthermore, generation element (i.e. wind turbines, solar photovoltaic panels) can even provide
“free” renewable energy to reduce stress towards main grid.
However, it will bring difficulties to the controller design with those components involved in the
demand response program. For example, the charge and discharge power of a battery is limited. A
proportion-integrals-differential(PID) controller can hardly deal with those constraints while
maintaining the comfort level. Although some heuristic strategies have been employed on the
building with thermal storage systems, they cannot deal with time-varying economic demand
response policy (Kircher and Zhang, 2015).
As a typical optimization-based control method, model predictive control(MPC) has been widely
applied to control buildings HVAC to meet comfort or economics goals. (Ma et al., 2012) employed
economic MPC(EMPC) to reduce a multi-zone commercial building demand in the co-simulation
environment with EnergyPlus (Crawley et al., 2001). Results demonstrate that EMPC can achieve
the highest energy and cost saving compared to the baseline and other control strategies. (Široký et
al., 2011) investigated the energy saving potential of a building heating system. 15%~28% of energy
savings are achieved by MPC. (Ma et al., 2012) employed MPC to operate the building cooling
systems equipped with a water tank. Results show that MPC can reduce the electricity cost and
improve the energy efficiency of the central plant. An economic MPC was adopted to control the heat
pumps of the house in smart grid (Halvgaard et al., 2012). Nearly 25 ~35% of the electricity cost
saving are achieved by MPC controller compared to the traditional operation of heat pumps.
(Oldewurtel et al., 2010) and (Avci et al., 2013) investigate the potential of peak electricity demand
reduction by using MPC and real-time pricing. However, there are currently few studies which
investigate and compare the potential of energy saving and cost benefits in the structure of energy
hub with different components.
In this paper, we propose a MPC-based simulation framework for building DSEM under the energyhub structure. The framework can be flexibly used for building comfort control or assess the energy
saving potential under the user-specified demand response schemes in the presence of storage and
generation components. The framework is applied to a simple one-room building with a Time-ofUse(TOU) prices under the structure of energy-hub. Besides, we develop an open-source toolbox
EMPC ( https://github.com/jywang2016/EMPC) for researchers interested in this filed.
This paper is organized as follows. In section 2, the framework and components dynamics are
described. Section 3 provides information on the case study while the simulation results are
presented in section4. Section 5 is the conclusion and further work.

2. FRAMEWORK AND MODELS
2.1.

Proposed Framework

The schematic of proposed framework is shown in Fig. 1. The left-side of the framework schematic
is the flowchart of MPC solving and the right-side is the diagram of the energy-hub structure. The
data from elements about electricity usage or generation will be recorded in the building data
management system(BDMS). Meanwhile, the building operators can also collect the constraints
information, for example, time-varying temperature range as shown in the grey blocks in Fig. 1.
According to the components involved in energy management, the framework will generate three
types of MPC controllers with different constraints and optimization objectives. Furthermore, these
optimization problems will be solved iteratively by the computing platform which consists of R and
an open-source solver ECOS (Domahidi et al., 2013). More specifically, the first type of MPC
controller aims to conduct the building climate control to track the reference temperature curve. A
typical demand response problem with storage component can be solved by the second type of MPC
controller. Finally, in order to achieve cost or energy saving, the third type of MPC controller takes
the on-site generation element into consideration. Note that the narrow division of MPC controller is
just for the convenience of distinction.
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Figure 1: Framework of MPC-based demand-side management system

2.2.

Mathematic Models

2.2.1. Building Dynamics
The discrete-time state space model is used to capture the thermal dynamics is shown in Eq. (1).

X k +1 = AX k + Bu uk + Bd d k
Yk = CX k

Eq. (1)

where k is the index of time step, x is the state, u is the HVAC input (i.e. the power of electric heater
in this paper) in kW, d is the weather disturbances, Y is the indoor temperature in degree centigrade.
2.2.2. Storage Element Model
The charge and discharge characteristics of the storage element is shown in Eq. (2).

X s ,k +1 = As X s ,k + Bs u s ,k

Eq. (2)

where xs indicates the storage capacity in kWh, us indicates the charge or discharge power in kW.
2.2.3. On-site Generation Element Model
We employ the photovoltaic(PV) as the on-site generation component. The formulation details about
usable electrical power produced by a PV can be found in (DoE, U.S., 2010).
2.3.

MPC Algorithm

The MPC policy is calculated by solving an optimization problem at each stage. The first element of
the solution at each stage will be implemented. In this paper, MPC is conducted for building climate
control and economic control.
2.3.1. Climate MPC
The objective and constraints of climate MPC controller are as shown in Eq. (3).
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N

min J (u ) =  (Tset,k − Yk ) 2
k =1

s.t. Tk ,m in − s  Yk  Tk ,m ax + s

Eq. (3)

u m in  u k  u m ax
where J is the objective function need to be minimized, Tset is the temperature set point, N is the
control horizon, subscripts min and max indicate the lower and upper value of the variable
respectively. The calculated indoor temperature Y is constrained by Eq. (1). Since the initial value of
Y may be too low to violate the constraints, we include slack variable s(s>0) and a large penalty
factor p to make the MPC problem feasible. Besides, we formulate the objective function J in a
squared form instead of multiply of two matrices because the Y is a scalar in this paper.
2.3.2. Economic MPC
The economic MPC controller aims at satisfying the user’s comfort with the lowest cost. The
optimization problem of economic MPC with just building element involved is shown in Eq. (4).
N

min J (u ) =  ck u k + ps
k =1

s.t. Tk ,m in − s  Yk  Tk ,m ax + s

Eq. (4)

u m in  u k  u m ax
where c is electricity price. With storage element involved in the constraints development, the
optimization problem is shown in Eq. (5).
N

min J (u ) =  ck ek + ps
k =1

s.t. Tk ,m in − s  Yk  Tk ,m ax + s
u m in  u k  u m ax

Eq. (5)

X s ,m in  X s ,k  X s ,m ax
u s ,m in  u s ,k  u s ,m ax
ek = max(u k + u s ,k ,0)
Compared to Eq. (4), the constraints of battery capacity and charge/discharge power are considered.
In addition, the net power consumption e is the sum of battery charge/discharge power and heater
power. Besides, e should be added generation power when the on-site generation element is
considered. To prevent battery from reinjecting power into the main grid, we assume e≥0.

3. CASE STUDY
3.1.

Data Generation

In this paper, a one-zone building located in the Wuhan City(China) was simulated in EnergyPlus for
data generation. We conducted a simulation in the middle of January over one week. The statespace model as shown in Eq. (1) was obtained by solving a resistance capacity model.
An electric heater with a maximum power of 3kW is used to control the temperature of the building.
We assumed that the electricity price is 0.2$/kWh between 10 am and 16 pm, while the price is
0.04$/kWh at rest of the day. The indoor temperature set point is shown in Table 1. In addition, we
also assumed there is a battery with capacity of 6kWh. The generation power profile was collected
from EnergyPlus simulation.
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3.2.

Control Scenarios

Four scenarios of MPC-based DSEM was set up and the corresponding configuration was as shown
in Table 1. In the first scenario, the MPC was employed to track the constant temperature set point
while the time-varying constraints were adopted in the remaining scenarios. In the third and fourth
scenarios, we assumed that the target building was equipped with a battery and an additional PV
panel. In all scenarios, the control horizon of MPC controllers is 24, namely 6 hours since the time
step is 15 minutes.
Table 1. Configuration of different scenarios

Scenarios ID

Control Type

Tset (°C)

s1
s2
s3
s4

Climate control
Economic control
Economic control
Economic control

24

22,26  t [8 : 00,18 : 00 ]
20,28  t [8 : 00,18 : 00 ]

Storage Generation
Battery
Battery

PV

4. RESULTS
4.1.

Indoor Air Temperature

The indoor temperature in the simulation of four scenarios are shown in Fig. 2. The areas covered
by the light blue blocks indicate periods of high electricity price. The grey dotted lines represent the
upper and lower limits of the indoor temperature respectively. It should be noted that since the initial
temperature of the building is 12 degrees Celsius, temperature values of the first three moments in
four scenarios are lower than 20. First three points in each profile in all scenarios are neglected.

Figure 2: Indoor air temperature profiles of simulated building under different scenarios

It can be observed that the MPC controller in scenario 1 can increase and maintain the indoor
temperature to 24 °C. In scenario 2, the MPC controller try to increase the indoor temperature to the
upper limit before the high electricity price period. In the way, the heat storage characteristics of the
building envelope are utilized to reduce the electricity consumption during the high price period, thus
reducing the total cost. Interestingly, the controllers under scenarios 3 and 4 were not keen to overheat the indoor air too much. This is because the battery or PV can supply enough power to the
electric heater during periods of high electricity prices. The battery tends to store energy when the
price is low and discharge it to heater when the electricity price is high. The PV generate electricity
with “free-cost”. Therefore, compared to scenario 2, the controllers will avoid maximize the room
temperature in scenario 3 and 4 prematurely because there is a cheaper or nearly free energy
resource supply in the high price periods.
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4.2.

Power Consumption

All the profiles of the input power of the heater and the charge/discharge power of the battery under
four scenarios are shown in Fig. 3. The orange curve in the second subgraph is the power generation
of the PV. Both the power of battery discharge and PV generation are negative.

Figure 3: Heater, battery and PV energy usage/ generation profiles

It can be observed from the first subgraph that MPC controller in scenario 1 tends to maintain the
indoor temperature around 24 °C. In other word, it aims at temperature tracking instead of costsaving. Therefore, the input power to heater in scenario 1 is the highest than others at most of the
time.
Compared to scenario 3 and 4, the MPC controller of scenario2 tends to increase the input power of
the heater in advance. This is because there is neither a battery nor a PV for the controller to supply
cheap or free power in the high price periods. Controller in scenario2 use as much as possible
electricity at the cheap price duration. This phenomenon is consistent with the conclusion obtained
from Fig. 2.
Subgraph 2 indicated that the electricity of scenario 3 mainly comes from the discharge during the
high price period. Compared to scenario 3, the battery of scenario 4 have less charge or discharge
because the PV can afford a considerable portion of the power supply.
4.3.

Electricity Cost

In the one-week control simulation, the total cost in the four scenarios is shown in Table 2. The total
cost is calculated from the electricity purchased from the main grid.
Scenarios No.
Cost/($/week)

Table 2. Total electricity cost over one-week simulation

s1
26.46

s2
20.79

s3
16.51

s4
14.17

The MPC controller in scenario 2 saved nearly 21.43% of the electricity cost by utilizing the heat
capacity of the building, compared to which in scenario 1. Furthermore, compared to scenario 2,
20.59% of the electricity cost is saved through the battery element to expand the demand response
capability of the building in scenario 3. Finally, we saved 31.8% of the electricity cost by using both
of the battery and PV element compared to the scenario 2.
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5. CONCLUSIONS
In this work, a MPC-based DSEM framework was proposed to investigate the demand response
potential by controlling the HVAC system. Besides the fundamental elements (i.e. main grid and
building), the energy storage and on-site generation component were also considered under the
structure of energy-hub. Four scenarios with different control purposes and participating components
were studied. Three conclusions were concluded as follows.
1) We demonstrated that this framework can navigate the trade-off between occupancy comfort
and economic environment by utilizing the heat storage capacity of building envelope. The
framework can achieve nearly 21% of electricity bills savings while maintaining building
climate, compared to MPC with constant temperature set point.
2) This framework can achieve furthermore cost saving by taking storage and generation
components into account. Compared to scenario 2, scenario 3 and 4 saved about 20% and
31% of the electricity bills, respectively.
3) For the end-users, the framework can be used to assist in the selection of storage and
generation elements for the building to achieve energy or economic saving. For the
producers, the framework can be used to design dynamic energy prices to encourage
building operators to shift load.
We have developed an open source package called EMPC as an example of this framework
implementation. We hope to develop an interface between EMPC and EnergyPlus for the cosimulation purpose.
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NOMENCLATURE
X
Xs
u
us
J

building state(°C)
battery state(kWh)
heater input power(kW)
charge/discharge power(kW)
objective function(-)

p
s
c
e
Tset

penalize factor(-)
slack variable(-)
electricity price($/kWh)
net power consumption(kW)
indoor temperature set point(°C)
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ABSTRACT
Air conditioning (AC) for buildings is an energy demanding sector, showing an increasing trend in
energy use worldwide. For this reason, demand side management (DSM) strategies addressing
building thermal cooling loads have a paramount importance. In this paper several air conditioning
systems are considered, composed of chillers and different distribution systems, such as radiant
ceiling (panels and concrete ceiling), fan coils and splitters. The energy flexibility they can provide is
quantified at design condition by means of a dedicated methodology, thus their performance is
compared. Furthermore, the effect of their combination on the overall operating energy flexibility
achievable is evaluated in order to draw some guidelines for optimal strategies of energy flexibility
exploitation.
Keywords: DSM, Air Conditioning, Chiller, Heat Pump.

1. INTRODUCTION
The International Institute of Refrigeration (IIR) estimates that the total number of refrigeration, airconditioning and heat-pump systems in operation worldwide is roughly 3 billion, accounting for about
17% of the overall electricity used (IIR, 2015). In particular, space cooling is the fastest growing end
energy use in buildings, having increased by 3.3% a year since 2010 (IEA, 2018). Therefore,
especially in summer season, the electricity demand will tend to increase, both in terms of average
demand and peak, being the building sector one of the most energy-consuming worldwide (in Europe
it accounts for about 40% of global energy consumption). Moreover, as promoted by the European
Directive 2009/28/EC (2009), renewable energy sources (RES), whose nature is hardly foreseeable,
will be more and more widespread as large-scale generation system. To limit grid instability and
reduce overall demand, the building sector can provide a big contribution through the application of
Demand Side Management (DSM) programs. DSM is meant as those actions addressed to modify
the final user’s electricity consumption in relation to the needs of the grid.
Many literature studies assessed the potential electric flexibility of buildings provided by managing
their thermal demand for heating space (Foteinaki et al., 2018). However, for cooling applications, a
smaller number of works are available, although its potential is undoubtable. Arteconi and Polonara
(2018) highlighted how, adding a thermal energy storage (TES) to an air conditioning (AC) system,
allows to obtain different benefits (e.g. reduction of the installed capacity, increase of the operational
flexibility, potential energy costs reduction). Different systems can be used as TES in building cooling
applications (Gang, 2015). Hasnain (1998) evaluated the coupling of a thermally stratified chilled
water storage (sensible TES) or an ice storage (latent TES) to a chiller for air conditioning. It was
demonstrated that a full storage strategy (realized by shifting the entire peak cooling load to off-peak
hours) allows to obtain peak electricity demand reduction up to 80–90% for short peak demand
electricity periods. Li el al. (2019) studied the potential of the thermal inertia introduced by the building
envelope as passive storage in cooling applications. Through an on-off control, they estimated a
18.73% reduction of the peak electricity consumption due to the energy stored in the envelope of a
commercial building coupled with an air-conditioning system. The building envelope inertia can also
be exploited in an active way, if a radiant surface (ceiling or floor) is used for cooling (Arteconi et al.,
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2014). In this case, the ceiling/floor is a radiating surface, while the concrete acts like a thermal
storage cooled by water.
The objective of this work is to evaluate the potential energy flexibility that different AC residential
systems can provide. Low, medium and high inertia distribution systems, such as split system, fan
coil, ceiling panels and concrete ceiling radiant cooling, coupled with a heat pump are considered.
Firstly, through dynamic simulations, a single indicator (the Flexibility Performance Indicator, FPI)
(Mugnini et al., 2018) is calculated to quantify and compare their energy flexibility performance at
design conditions. Secondly, the effect of their aggregation on the achievable overall flexibility is
evaluated in operating mode, by assuming different DSM strategies. The goal of the analysis is to
provide guidelines for an effective exploitation of aggregated flexibility provided by space cooling.

2. METHODS
In this section the energy flexibility quantification methodology is explained. Section 2.1 describes
the energy flexibility labelling procedure (Mugnini et al., 2018), while Section 2.2 reports how the
operating flexibility of the AC systems is conducted.
2.1
Flexibility Performance Indicator Calculation
The FPI calculation requires a transient building simulation tool, even if it refers to design conditions,
since the building energy demand strongly depends on external environment conditions variability
and on the dynamic of its thermal response in DMS applications. For this purpose, Trnsys 17 (Solar
Energy Laboratory, 2012a) is used in this work. Furthermore standard boundary conditions (SBC)
have to be uniquely defined. The first one is represented by the indoor comfort conditions: the
acceptable temperature comfort band is 24-26°C and relative humidity (RH) can vary between 5070%. For the external environment, a typical meteorological year (TMY) must be used as climatic
file for the simulations. Moreover, the demand response (DR) event must be fixed. A DR is a
particular DSM application, defined as ‘changes in electric usage implemented directly or indirectly
by end-use customers/prosumers from their current/normal consumption/injection patterns in
response to certain signals’, typically price signals (Gellings, 2009). For its importance on reducing
the peak energy demand and installed power capacity a peak shaving strategy (PSS) is selected. It
consists of interrupting power supply to the cooling systems at the electrical system peak power
demand time until the internal comfort conditions reach the upper boundary (response period). Then
the cooling system is switched on and the event can be considered ended when the initial comfort
conditions are restored (recovery period).
The FPI calculation method is based on the comparison between the building behaviour during the
DR event and the reference one (e.g. without the DR event). Eq. 1 shows the FPI formulation.
1
∗ + 𝑝 ∙ 𝑃̇ ∗ − 𝑝 ∙ 𝑡 ∗ + 𝑝 ∙ 𝜂 )
𝐹𝑃𝐼 = (𝑝1 ∙ 𝑡𝑟𝑒𝑠
2
𝑟𝑒𝑠
3 𝑟𝑒𝑐
4
𝐷𝑅
4

Eq. (1)

It is defined in a dimensionless form as weighted average of four contributions, where the asterisk
indicates the dimensionless terms and the p i the contributions weight. These contributions account
for all the different energy flexibility typical aspects: time, capacity and power (Reynders et al., 2017).
The first one is the response time tres [hours] referred to 24 hours (p1=60). The second one is the
committed power Ṗres [kW e], normalized to the installed rated power with a weight of 20% (p 2=20). It
is defined as the integral of the difference between the building reference power demand and its
power demand during the DR event divided by the duration of the response phase, tres. The latter is
the third contribution, the recovery time trec [hours] and in Eq.1 is referred to 24 hours (p3=10). Finally,
there is the DR energy efficiency ηDR (p4=10). It is calculated as the ratio between the actual energy
variation EDR [kWhe] achieved during the DR event and the building electricity use in reference
operation during the whole DR event. In the FPI formulation, a greater weight is assigned to those
parameters that represent the interaction of the building with the grid side tres and Ṗres, since they
refer to the period when the cooling system is switched of.
Based on FPI values, a flexibility class distinction can be made: building is located in class D if FPI
is less than 4, while the class became C if it is between 4 and 5.5. Class B goes from 5.5 to 8, A1
from 8 to 10, A2 from 10 to 20 and, if FPI is more than 20 the flexibility class become the higher A3.
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2.2 Evaluation of Operational Flexibility
In order to evaluate the operating energy flexibility achievable through residential cooling demand
management, the effect of different AC systems combinations in a DMS scenario is presented. The
DR event is a peak shaving strategy starting at 12:00 (the same defined in Section 2.1) when the
cooling system is switched off until the internal comfort bound is reached. Two different requests for
energy flexibility are modelled for each single user: high flexibility demand (HFD) and low flexibility
demand (LFD). As the evaluation is focused on thermostatically controlled loads (TCL), HFD exploits
the overall comfort range available (internal set-point starting from 24°C and 60% RH can reach
26°C and/or 70%RH). LFD, instead, consists in requesting a smallest comfort variation (maximum
temperature and humidity achievable: 25°C end/or 65%HR). The HFD and LFD strategies are
applied in several configurations to the AC systems in order to achieve different goals (e.g.
instantaneous peak reduction, minimum user involvement or peak reduction for long periods): all of
the them are involved at the same time or only some of them are involved or they are called to
participate to the DR event one after another.

3. CASE STUDY
In this section the building and the AC systems are described. In order to evaluate the energy
flexibility potential obtainable from the aggregation of the different cooling systems, a single building,
composed of four apartments, is modelled. It is located in Rome (41°47’ N, 12°14’ E), where summer
is quite hot with an average daily temperature of 26.5°C for August (the warmer month) (UNI, 2016a).
In the first part a description of the building construction characteristics is reported, then the
considered AC systems are described.
3.1
Building Features
A single building composed of four climatic zones (apartments) is modelled in TRNBUILT (Solar
Energy Laboratory, 2012b). For the climatic class D, the envelope thermal transmittances (U-values)
are extrapolated from the Italian regulation D.M. 26 June 2015 (Italian Ministry of Economic
Development, 2015), since it is representative of a consistent share of the building stock where
modern cooling system can be integrated. The wall composition and thermal properties of the
construction materials were extrapolated from the Italian building norms: UNI/TR 11552 (2014). A
hollow bricks masonry with cavity thermal insulation is used for external walls (U=0.36 Wm -2K-1),
while internal walls are realized as insulated structure in perforated bricks (U=0.58 Wm -2K-1). The
ceiling is modelled with reinforced brick-concrete slab and has a high insulation level (U=0.28 Wm 2 -1
K ); a concrete high insulated floor (U=0.36 Wm -2K-1) is adopted. Windows with double glass (argon
filled) and aluminum frame (U=2.12 Wm -2K-1) are used.
All the dwellings have a 100 m 2 living area and a 21% of window surface area rate was assumed
(Italian Ministry of Economic Development, 1975). The air changes per hour (ACH) are equal to 0.5
h-1 and an occupancy density of 30 m 2 per person with a corresponding internal gain of 120
Watt/person is considered. Artificial light density of 10 Wm -2 is introduced too.
3.2
AC Systems
Four different AC systems, whose distribution systems have different thermal inertia, are taken into
account. They are sized on the basis of the peak cooling demand (Pizzetti, 1986). In Rome, the
cooling peak load, with the outside design condition suggested by Italian standard UNI 10349-2
(2016b) and an internal temperature of 25°C with 60% RH is about 5.7 kW t, of which 4.5 kW t sensible
and 1.2 kW t latent.
The modelled cooling systems are:
i. Air source heat pump (AHP) with direct expansion split system (SS). In this system the indoor
air cooling is realized by direct contact with the evaporator in which the refrigerant flows. The
AHP is modelled with Type 954 and it is sized to cover the overall thermal load, since the same
unit treats both the sensitive and the latent contribution. With this system only the temperature
can be used as comfort limit condition for the DR event, since a RH punctual control is not
possible. It is the system with lower thermal inertia. However, it is introduced for its large diffusion
due to its inexpensiveness and installation easiness.
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ii. Air to water heat pump (WHP) with fan coil units (FCU). The WHP, whose performance is derived
from a manufacturer catalogue (Viessman, 2016), is modelled with Type 941 and it is sized to
provide only the sensible load. FCU lower the air temperature below its dew point, managing in
this way also the latent heat contribution, however, also in this case, a RH punctual control is not
possible. Although characterized by a low thermal inertia as split systems, the presence of a
water loop allows the addition of a TES, with consequent increase in thermal inertia. In this case
a 200 liters cold water tank (autonomy 30 minutes) is added in order to model a medium thermal
inertia AC system.
iii. Air source heat pump (WHP) and air dehumidifier (AD) with ceiling panels (CP). The WHP
(Viessman, 2016) is sized to cover only the amount of sensible heat. The treatment of latent heat
is entrusted to an internal AD, modelled with Type 688. In this case, both the internal temperature
and relative humidity can be controlled. The chilled ceiling is composed of pipes set on panels in
the first internal layer of the roof, for this reason it is considered a medium thermal inertia system
if compared with radiant cooling concrete ceiling.
iv. Air source heat pump (WHP) and air dehumidifier (AD) with radiant cooling concrete ceiling (CC).
It is modelled as a massive active layer in the ceiling stratigraphy. Even in this case the treatment
of latent heat is entrusted to an internal AD (Type 688). This distribution system has the highest
thermal inertia, since the pipes are embedded in a concrete layer of 0.1 m.
Fig. 1 shows a scheme of the 4 apartments building with their different cooling systems.

Figure 1: Schematics of the cooling systems in the considered building.

4. RESULT AND DISCUSSION
In this section the simulation results are presented. In the first section the energy flexibility
performance of the four cooling systems is compared thought the FPI calculation. Then, the effect
of the combination of different energy flexibility sources is evaluated in operating conditions.
4.1
AC Systems Flexibility Performance Comparison
According to the methodology illustrated in Section 2.1, the DR representative summer day is August
18, when the TMY average daily temperature is 26.54°C (UNI, 2016a) and the DR starting time is
12.00 pm, when frequently the Italian electric demand has a peak in summer weekdays (Terna Spa,
2019).
Table 1 summarizes the flexibility parameters and the FPI calculation for all the cooling systems. All
of them have low design energy flexibility since the FPI remains always between 4.1 and 5.5 (Class
C or B). Focusing on the SS and FCU systems, a very similar behaviour can be observed between
them. The TES coupled with FCU allows to obtain a response time 22 minutes longer than the SS.
As Fig. 2(a) shows, due to the cold-water tank discharge, from time 12 hours to 12.7 hours, when
the WHP is off, the indoor temperature continues to comply with the initial set-point. However, from
the electricity consumption point of view, the adoption of FCU with a TES produces less savings in
committed power and actual energy use, which negatively affect the FPI calculation.
Table 1. Flexibility parameters for the modelled AC systems, FPI calculation and labelling

AC system

tres (hours)

SS
FCU
CP
CC

1.65
2.02
1.65
1.15

Ṗres
(kW e)
0.42
0.18
0.91
0.89

trec (hours)

EDR (kWhe)

FPI

Flexibility class

0.20
0.22
5.40
3.17

3.26
1.54
3.78
2.02

5.0
4.1
5.5
5.3

C
C
B
C
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As said before, these AC systems do not allow a punctual RH control, so the DR phases are
determined by the indoor temperature only. Instead, in CP and CC systems, where an air
dehumidifier is installed, the response and the recovery period are ruled by both of them.
It can be immediately noted that, even if a distribution system with a higher thermal inertial (CP or
CC) is adopted, the response time, tres, remains rather low (Table 1), since the RH conditions affect
a lot the building behaviour. Moreover, the thermal inertia has an impact on the speed with which
the RH increases, and so on the comfort limit condition that is reached first. When there is more
thermal inertia, indeed, the internal temperature tends to rise more slowly, and the relative humidity
increases faster, as it can be seen in Fig. 2(b). The CC system provides a higher inertia than CP and
the RH reaches firstly the limit conditions, tres is 30% lower for CC than CP (determining a lower EDR
value). However, when the response period ends, the indoor temperature in CP system reaches
25.7°C, while for CC about 25°C. This fact affects the recovery period, which for CP is 2 hours and
12 minutes higher than for CC. Ṗres is almost the same for CC and CP as well as the WHP size.
This analysis makes possible to conclude that, for the modelled dwellings in summer period there is
a low overall design energy flexibility performance. The thermal inertia seems to affect positively the
response duration only if the control system is just temperature-based. If a more accurate control of
the comfort condition is possible (both temperature and relative humidity), its influence on the
response period is mitigated. However, this last case allows to obtain a little improvement in flexibility
performance.

(a)

(b)

Figure 2: Indoor temperature and comfort bounds during the DR event. (a) Comparison between
SS and FCU. (b) Comparison between CP and CC

4.2
AC Systems Flexibility Combination Evaluation
In this section the aggregated energy flexibility obtained from the different AC systems during a DR
event is evaluated. The DR strategy consists in an electricity demand reduction at Italian summer
peak electric demand time (12.00 pm) and the same day used for the flexibility labelling method is
considered. Fig. 3 shows the overall electricity demand for the 4 apartments building without DR
event and its breakdown in the different AC contributions in a time period of 1 hour (from 12.00 to
1.00 pm). Four electric power levels can be distinguished: a base load of 5 kW e, an intermediate
load of 7 kW e, and two power peaks: 10 kW e and 12 kW e (the latter is obtained when all the systems
are working together).
Since the indoor comfort is still guaranteed for more than 1 hours (tres in Table 1), if a high flexibility
demand (HFD) strategy is applied independently at each cooling system, the aggregated demand
becomes zero for the whole hour as showed in Fig. 4 (the aggregated response period ends at 13.15
hours). A different situation can be noted if, instead, a low flexibility demand (LFD) strategy is applied.
Looking at the dotted line in Fig. 4, a power demand of about 5 kW e is requested after 0.1 hours from
the DR programme activation. This is due to the shorter response time that the systems present in
case of restricted comforts limits. Especially, the apartment with splitters (SS) reaches the indoor
temperature of 25°C in 0.13 hours. In the same way, the fan-coil (FCU) system response period is
0.78 hours, while 0.47 and 0.60 hours are respectively the values of tres for ceiling panels (CP) and
concrete ceiling (CC) radiant cooling. However, if a LFD strategy is applied to all the considered AC
systems together, the electricity consumption is also zero, even if for a limited time (about 8 minutes).
This effect cannot be obtained if only a few AC systems are involved with a LFD strategy.
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Figure 3: Electricity aggregated demand. Total
and single contributions

Figure 4: Electricity aggregated demand. HFD
or LFD activated together for all user

Figure 5: Electricity aggregated demand. HFD to
SS AC system compared with LFD to all the
others (FCU, CC and CP)
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Table 2 reports the percentage of time (in the considered hour between 12:00 and 13:00 h when the
network requires flexibility) in which the aggregated demand remains below the power threshold
levels described above (7, 10 and 12 kW e). Since the SS electric load is the highest contribution in
the aggregated demand (it accounts for about 42% of the demanded power when all the cooling
systems are on), a possible DR strategy could be the HFD configuration applied only to it (green
dotted curve in Fig. 5). In this way for the whole considered hour, the aggregated electricity demand
stays always below 10 kW e. Furthermore, the total power is reduced to the base load for about 13.2
minutes (22% of the considered hour), as showed in Table 2. Since the SS power demand is of the
same order of magnitude of the aggregated demand of the other 3 cooling systems (FCU, CC and
CP), in Fig. 5 the latter strategy is compared to a possible LFD configuration applied to them. In this
last case a flattening of the highest peaks is not obtained for the whole considered hour (Table 2)
but, the base load is maintained for about 50% of the time.
In order to request a smaller variation of the temperature comfort bound to the final users, the effect
of a LFD configuration with subsequent calls of the 4 AC systems is investigated. The DR operator,
in order to minimize the involvement of the individual user, which must be economically incentivized,
could evaluate to call them one by one in this manner: once the first user has reached its restricted
comfort limit, another one is called and so on.
Fig. 6 reports the aggregated power in case FCU or CP systems are called after SS. Split system is
chosen as first call since its power is high, but its response period is very low (Table 2).
In both cases, as shown in Table 2, the base load is maintained for a short time (12% and 17% of
the flexibility hour respectively for SS-FCU and SS-CP). While, for both cases, the aggregated
electricity demand always remains lower than the maximum power peak threshold (12 kW e).
Concluding, the results show that if the aggregated electricity power wants to be maintained below
the base power threshold for a longer time, the DR strategy should involve all the users with a LFD
configuration in order to get a compromise among load redaction, comfort variation and duration of
the aggregated response period. As alternative a LFD configuration with subsequent calls
guarantees that the power demand on average is higher, but always lower than the maximum
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threshold. Instead a HFD strategy only applied to the most energy demanding AC system (SS) allows
a peak power reduction more important (always below 10 kW).
Table 2. Percentage of time (in the 12.00-1.00 pm hour) in which the aggregated demand remains
below the considered thresholds

DR Strategy
LFD to all systems
HFD to SS
LFD to SS
LFD to FCU, CC and CP
Sequence LFD (SS then FCU)
Sequence LFD (SS then CP)

Below 7 kW e
63%
22%
17%
50%
12%
17%

Below 10 kW e
70%
100%
17%
70%
17%
22%

Below 12 kW e
85%
100%
22%
90%
100%
100%

Eventually, it is important to note that, a PSS DR programme affects the aggregated electric demand
trend also during the time after the event (recovery period). In Fig. 4 and 5, where the DR events
end before 1.00 pm, a late peak (about 12.5 kW e) larger than the highest in normal operation (in
Fig.1) can be observed (for Fig. 6 the rebound effect happens after 13:00 h and it is not visible in the
graph). This aspect should also be taken into consideration by a grid operator to minimize the
rebound effect of the events on the network.

5. CONCLUSIONS
Purpose of this work was the energy flexibility characterization of residential AC sector. In order to
do it, a design and an operating evaluation were conducted. In the first case a flexibility labelling
methodology was applied to space cooling systems with different characteristics in terms of thermal
inertia and indoor comfort control: SS, FCU, CP and CC coupled with a heat pump. These systems
were modelled in four apartments belonging to the same building, thus to consider in operating mode
the aggregated electricity demand for the whole building. Even if the obtained design flexibility
performances were low (all the systems have flexibility class C or B), all the AC systems had
response times of more than one hour.
Operatively, this fact allows the reduction to zero of the aggregated power for 1.18 hours, if a DR
strategy with a high flexibility demand (HFD) configuration is applied (i.e. variation of 2°C for the
temperature and 10% for RH) to all the AC systems at the same time. The aggregated demand is,
instead, zero for about 38 minutes with a low flexibility demand (LFD, i.e. variation of 1°C for the
temperature and 5% for RH). Alternative combinations of the energy flexibility provided by the
different AC systems were tested. The results showed that good performance, in terms of time with
reduced power and maximum peak power demand, can be reached with a HFD strategy applied
only to the highest energy demand user (AC with splits). On the other hand, the involvement of AC
systems with higher thermal inertia allows to maintain the aggregated base load threshold for about
30 minutes, even with a LFD. A DR strategy with subsequent calls of the different users was also
analysed. An LFD strategy applied firstly to the AC split system and secondly to an higher thermal
inertia AC systems (FCU or CP) allows to maintain the peak demand always lower than the maximum
power threshold (12 kW e).
Concluding, the analysis showed that good energy flexibility performance in operation mode can be
achieved by means of cooling demand management in buildings even with limited comfort bound
variation requested to the users.
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ABSTRACT
A proof of concept has been produced for a solid state building integrated heat pump. This
"ActiveWall" heat pump is designed as part of the outer wall of a building, and therefore does
not occupy any useful building space. The outdoor side of the ActiveWall has a photovoltaic
(PV) surface.
The heat pump is based on thermoelectric cooling, which is generally known to have a poor
efficiency, but is actually quite efficient at low temperature differences such as those occurring in
heating and cooling of buildings in moderate climates. Due to its PV surface, the yearly net
electricity use for heating and cooling with ActiveWall is very low.
The ActiveWall uses very large heat exchange surfaces and natural convection heat transfer to
avoid the necessity of additional fans. Thus, the overall concept does not contain any moving
parts, which provides ActiveWall with a long life and low maintenance.
Keywords: Building, Heat Pump, Photovoltaic Panel, Thermoelectric Cooling.

1. INTRODUCTION
Under the Energy Performance of Buildings Directive (EPBD) each EU Member State must
present a roadmap towards a low and zero-emission building stock in the EU by 2050.
Consequently, houses that will be built in the coming years already need to have a near zero
emission, as they will be part of the 2050 building stock. That’s why already now new regulations
see the light, such as in The Netherlands, where new houses must have a primary fossil energy
use of less than 25 kWh·m-² per year as of the beginning of 2020. Calculations show that the use
of heat pumps is just about inevitable in order to achieve that goal (van der Heide et al., 2016). So
roughly speaking, as of 2020 all new houses in the Netherlands will have a heat pump. And it is
very likely that similar legislation, stimulating the use of heat pumps, will apply in most other EU
member states.
Heat pumps today are expensive compared to gas boilers, they are heavy, and take up more
space. Air source heat pumps are popular, but there are concerns about the noise of the
evaporator fans. And many heat pumps today still contain refrigerants with a high global warming
potential (GWP).
In the early days, a few decades ago, the predominant type of heat pump used in The Netherlands
for single family housing was a water/water heat pump with ground source heat exchangers
(GSHX). The design of such a heat pump is straightforward, because the temperature level of the
(earth) source is quite constant and no defrosting is needed. Plate heat exchangers could be used
as evaporator and condenser. Plot sizes in The Netherlands are small, so vertical GSHX were
used in the form of polyethylene U-tubes with lengths in the order of 50 – 150 m. The costs for
drilling holes and installing the GSHX were considerable.
Nowadays, air source heat pumps are popular. New inverter driven compressors can adjust easily
to varying outdoor air conditions, and defrosting is performed by reversing the heat pump cycle.
The defrosting sometimes causes concern, because there is no heat source available except
taking heat “back” from the load where it was supplied to in the first place (in heating mode). But in
a climate like in The Netherlands, heating days with sub-zero outdoor temperatures are limited
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(and becoming less). Thus, with a good evaporator / fan design, defrosting needs are limited. The
evaporator fans however do cause a new concern in densely populated areas: noise problems.
The most common heat rejection system, for both water source and air source heat pumps, is floor
heating. Floor heating is appreciated for its comfort, but the drawback of floor heating is that it is
slow to respond. It is not really a technical problem, with intelligent thermostats that can be set to
start heating hours in advance of the actual comfort demand, and to maintain a relatively high night
setting. But in terms of energy consumption, both the long preheating time and the high night
setting are wasteful. Figure 1 shows average load profiles for a set of some 700 monitored heat
pumps in the UK, at two outdoor temperatures (Love et al., 2017).

Figure 1: Measured heat pump load profiles at 0 ⁰C and at 5 ⁰C outdoor temperature

At night, when heating is not really required, heat pumps still run continuously at over 50% of
capacity. A fact that is not taken into account when judging the performance of a heat pump in
relation to other heating systems, based on heat pump COP only (however good that may be).
Furthermore, (water) distribution system losses are in the order of 3 - 7 % (Dieleman, 2001).
Due to the nightly energy use and the distribution losses, the real energy consumption of
conventional heat pumps with floor heating is higher than we would expect on the basis of heat
load and COP only. Together with the concerns noted before, relating to costs, size, noise and to a
lesser extent, refrigerant GWP, we have been looking for an alternative without these drawbacks.
And we have a surprising alternative, “ActiveWall”, based on thermoelectric heating and cooling.

2. THERMOELECTRIC HEATING AND COOLING
Thermoelectric elements make use of the Peltier effect to create a heat flow through the junction of
two materials when a voltage is applied. They are often called Peltier elements. Commercially
available Peltier elements or modules are made of p-type and n-type semiconductors, and include
a large number of junctions on a small area. They are usually equipped with large heat sinks and
fans for forced air circulation (Figure 2). They are usually presented as “coolers” but in fact they are
heat pumps that can easily be reversed by reversing the polarity of the applied voltage.
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Figure 2: Thermoelectric heat pump assembly with heat sinks and fans.

From a historical point of view, reports on using thermoelectric modules for air-conditioning can be
found as early as the 1960's. Several manufacturers produce thermoelectric air conditioners, which
are mostly intended for cooling of small enclosures containing high power electronics. There are
some more recent reports and patent applications describing thermoelectric air conditioners for
space cooling (Kim, 2001 and Rawat, 2013). Achille Messac introduced an Active Building
Envelope which is a combination of a thermoelectric cooler (TEC) and a solar panel (PV) to cool
buildings (Messac, 2005). In this design the TEC makes use of the well-known conventional bulky
heat exchanger fins (Figure 3).

Figure 3: Schematic drawing of an Active Building Envelope as proposed by Messac (2005)

The reputation of thermoelectric elements is that they have a very “bad” COP. Let’s have a look at
the basic formulas that govern a thermoelectric module operation. There are three important
module characteristics to start with: Sm, Rm and Km. The module Seebeck coefficient Sm (V·K-1)
gives the relation between the voltage over the module and the temperature difference ∆T (in K)
over the module. The module electrical resistance Rm (in ohm) gives the relation between the
Voltage V applied over the module (in volt), and the current I through the module (in ampere).
Finally, the module thermal conductance Km (in W·K-1) gives the “loss” due to internal heat
leakage from hot side to cold side. The 2 basic formulas for the module cooling load Qc (in watt) in
relation to the cold side temperature Tc (in K) and for the module power consumption P (in watt)
are:
 =  ∙  ∙  − ½  ∙   −  ∙ ∆
 =  ∙  ∙ ∆ +  ∙  
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The term with Sm in the cooling load is the desirable effect we’re after. The term with Rm
describes Ohmic heating, which is a “loss” term, as is the term with the thermal conductance Km.
In the limit where the loss terms become negligible, we would have:
lim→,→  =   =

 ∙  ∙ 
! ∙  ∙ ∆  =



∆

Eq. (3)

This is the exact same (ideal) COP that we see in a classical compression refrigeration cycle. The
term in eq. (1) with the thermal conductance Km is the thermal shortcut from the hot side to the
cold side. At low values of current (I) and a high value of externally applied temperature difference,
it can cause some unconventional effects, such as negative cooling loads, negative cooling COP
values, and corresponding heating COP values below 1 (figure 4). At lower values of current and
temperature difference than shown in figure 4, the COP is higher, e.g. COP = 12 at 0,5 A and 2 K.

Figure 4: COP for a thermoelectric element as function of current and temperature difference ∆T.

In the past, thermoelectric elements were relatively expensive. But as with all semiconductor
products, the costs of thermoelectric elements have been decreasing over the years. Nowadays a
TEC1-12706 element with Qc(optimum) = 7,5 Watt can come at a price of around 0,79 € which is
equivalent to some 105,- €/kW. (The designation TEC1-12706 relates to a thermoelectric 1-layer
module with 127 junctions and a maximum current of 6 Amperes).

3. HEAT EXCHANGER DESIGN
In order to achieve an acceptable COP, the heat exchangers on the hot side and the cold side of
the thermoelectric element need to have a good heat transfer. Nevertheless, we want to avoid the
use of the conventional aluminium finned heat sinks with forced air circulation, mainly because we
do not want any moving parts (fans) in our design.
The overall concept for ActiveWall is that it will be a heat pump integrated in the walls of a building,
similar to the idea of the Active Building Envelope (ABE) shown in Figure 3. In our case however,
in contrast to the original ABE, we will not use a thermal mass on the indoor side, but a large
surface flat heat exchanger that directly heats or cools the indoor air. In this way we will have a
heated or cooled indoor wall which offers the benefits of radiant heating and cooling. Likewise, we
want to extend the heat exchanger surface on the outside over the entire wall, instead of the
localized external heat sinks in the ABE of Figure 3.
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Without forced air circulation, we will have a surface heat transfer coefficient α for free convection
with a value in the order of only 5 W/(m².K). For practical (end-user) reasons of appearance and
cleaning, we want to have a smooth surface on the indoor side. Then, in order to increase the heat
exchange surface per m² of visible indoor wall, we can only increase the surface of the heat
exchanger by means of interior air channels. These air channels will be placed vertically to allow
for a natural convection air flow. The dimensions of these channels can range from mini-channels
to large size channels with a diameter in the cm range. In our first proof of concept we have used
rectangular air channels with 13 mm sides.
Thermoelectric elements themselves have a small heat transfer area, the most common sizes are
30 x 30 mm² or 40 x 40 mm². The thermoelectric heat flow through this small surface must be
conducted over the much larger surface of the heat exchanger, without introducing large
temperature differences. We have used finite element modelling (FEM) to calculate the
temperature differences over the heat exchanger surface.

Figure 5: Result of FEM modelling, calculated temperature distribution (⁰C) over an ActiveWall (air)
heat exchanger (proof of concept) with a thermoelectric heat source attached. Air temperature 20 ⁰C

4. SCOP AND ENERGY USE
To make an appraisal of the seasonal coefficient of performance (SCOP) and the yearly energy
use, we have made a year-round building simulation with EnergyPlus™, a whole building energy
simulation program (https://energyplus.net). With this simulation we obtained hourly values for the
outdoor temperature, indoor temperature and heat load for a reference building module in a Dutch
climate. As discussed in the introduction, we did not include night heating in the model. ActiveWall
is a fast responding system. It is able to deliver the heating peaks that occur in the morning when
the heating is switched on, as calculated by the building energy simulation program.
We used the characteristics of the ActiveWall heat exchangers and those of the selected
thermoelectric elements to calculate, for each hour, the power input to the thermoelectric elements
needed to deliver the required heat load at the momentary outdoor- and indoor temperatures. This
was done based on its specific performances for a number of commercially available
thermoelectric elements. We found the best performance at an average heating power of 5 Watt
per element. These elements can deliver a maximum cooling power Qc(max) of 26 Watt.
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Figure 6: Calculation results for heating COP for all individual hours over an entire year

Based on the these calculation results, we can calculate a SCOP of 2,6. Of course, this is not high
compared to modern heat pumps with a COP value of 4 at A2/W35.
But like we argued in the introduction, it is better to compare the yearly energy consumption rather
than just COP values, because these do not include night losses and distribution losses. Also, the
use of large surface radiant heating as in ActiveWall allows for a slightly lower temperature setting
than conventional heating, to obtain the same comfort level. For the building module as a whole,
we calculated a yearly heat requirement of 2003 kWh(th) and a corresponding energy use for
ActiveWall of 779 kWh(e). For the same building unit we calculated a yearly heat requirement of
2802 kWh(th) and a corresponding energy use of 722 kWh(e) for a heat pump with COP = 3,88. In
this way the ActiveWall energy consumption is only 8 % higher.
The ActiveWall concept includes, besides the thermoelectric layer, a second layer of photovoltaic
elements. Our calculations show that the PV surface power generation equals the (net) Activewall
energy consumption for heating and cooling in western-, central- and southern Europe.

5. PROOF OF CONCEPT MODEL
Based on the design considerations, we constructed a proof of concept model, mainly for purposes
of demonstration and dissemination. The heat exchangers in this case are not extruded in one
part, but are built from smaller square tubes mainly out of cost considerations. This impedes the
heat conduction over the exchanger area to a great extent. Consequently the performance of the
model could not obtain design values, nevertheless the functioning can be clearly demonstrated.

Figure 7: ActiveWall Proof of Concept model
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6. ACTIVEWALL AND MODULAR BUILDING
ActiveWall is a concept under development, and not yet ready for market introduction. However, it
is not difficult to imagine where ActiveWall would fit in perfectly, based on its USP’s. Market
segments like modular office buildings and semi-permanent housing facilities are perfectly suited
for ActiveWall. To begin with, because the modules are not manufactured on site but are
prefabricated in a controlled environment. But more importantly, because ActiveWall does not
occupy any useful space, which is important for small semi-permanent housing modules. The fact
that ActiveWall does not need to be connected to technical installations can further reduce the
building time in the already fast modular building process. And for the end user, the fact that
ActiveWall is totally silent and does not need maintenance are real advantages.

Figure 8: ActiveWall is ideally suited for use in modular building

The ActiveWall concept consists not only of an inner wall that comprises the thermoelectric
elements and heat exchangers, but also of an outer wall with vertical solar panels. The inner- and
outer wall can be constructed separately, as for example in Figure 8, with a spacing in between
them to allow for free air circulation.
The ActiveWall concept with both thermoelectric and photovoltaic layers present, will act as an
indoor cooling solution in summertime. It is then actually a “solar cooling” system, but far more
simple than the common solar cooling systems using thermal collectors and absorption cooling.

7. CONCLUDING REMARKS
ActiveWall is a new wall-integrated heat pump concept based on thermoelectric elements. It has
no moving parts, which makes it reliable, low maintenance and above all, silent. There is no
additional space needed for technical systems, so ActiveWall is space-saving. The “bare” COP is
not high, but still acceptable because of the relative small temperature differences in space heating
and cooling. The yearly energy use is competitive with conventional heat pumps because there are
no distribution losses, night heating can be avoided and heating is both convective and radiant.
When the outdoor side of ActiveWall is covered with PV, the power generated can cover the net
energy use for heating and cooling.
We have made costs calculations for ActiveWall including material costs, the costs for electronic
control and manufacturing costs. These initial calculations show that ActiveWall can be cost
competitive to air source heat pumps in terms of investment. These calculations do not yet include
the avoided costs for (wall) construction materials.
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ABSTRACT
Enhancing the significance of global warming and systematically reducing greenhouse gas
emissions can be established by utilizing transparent assessment methodologies. Within this work,
we contribute to the estimation of carbon dioxide equivalent emission impact of different refrigerants
for direct and indirect emissions. Regarding heat pump heating systems in dynamic heat supply
systems for a whole lifecycle, comparable boundary conditions are chosen. Direct emissions
correlate to the static GWP value of a refrigerant and the refrigerant charge of the heat pump. Indirect
emissions occur in the production, distribution, operation and disposal of the heat pump with special
respect to the refrigerant.
This approach allows a direct comparison of the impact of low GWP refrigerants on lifecycle carbon
dioxide equivalent emissions. We state that, if we do not reduce indirect emissions by increasing
efficiency or obtaining PV electricity, the GWP of the chosen refrigerant is rather irrelevant.
Keywords: Ecologic Assessment, Refrigerant Impact, Carbon Dioxide Emissions.

1. INTRODUCTION
The advancing climate change is mainly due to the emission of greenhouse gases (GHG) into the
Earth's atmosphere. This occurs exemplarily through the combustion of fossil fuels (BMWi, 2018).
Therefore, it is necessary to identify saving potentials. In Germany, about one third of overall GHG
emissions relate to the buildings sector and 81 % of these are used to provide space heating and
domestic hot water (Statista, 2018).
Regarding heat supply of residential buildings in Germany, heat generation technologies mainly base
on combustion of fossil fuels. Gas condensing boilers are state of the art technology, but also gas
and oil low-temperature boilers are widely used (Statista, 2018). Thus, carbon dioxide (CO2) is a
combustion product of heat supply. Regarding high technology efficiencies, a direct CO2 reduction
can only be achieved by decreasing the heat demand. User related demand reduction as well as
better insulation standards aim for this goal. However, user related demand reduction is a
renunciation and better insulation is very expensive in most cases. Therefore, alternative
technologies with high efficiencies are promising to systematically reduce CO2 emissions of
residential buildings.
Heat pump heating systems are awarded to be a key technology decreasing CO2 emissions in the
building energy sector by electrifying heat supply. Heat pumps use electric energy to utilize ambient
heat on pretended temperature levels using a refrigerant. The structure of heat pump’s emissions
differ from conventional technologies. Opposed to nearly 100 % direct emissions of boilers during
operation, heat pump emissions are both direct and indirect. On the one hand, direct emissions
relate to refrigerant leakage and its Global Warming Potential (GWP). On the other hand, indirect
emissions refer to emissions covered in the conversion of electric energy.
National and international regulations like Montreal Protocol or F-Gas-Regulation aim for a
systematical reduction of GHG emissions by phase downs. Implied refrigerant phase downs are
shown in Fig. 1 for both regulations. It is obvious that a reduction of refrigerant selling amount by 79
% in the EU until 2030 and by 85 % internationally until 2040 is very challenging. In addition,
refrigerant prices increased dramatically within the first two years up to 750 % (Vering, 2018).
Summing up these points, both phase downs require alternative refrigerants for heat pump heating
systems in order to be affordable, efficient and sustainable.

25th IIR International Congress of Refrigeration, Montreal, Canada, 2019

5014

Figure 1: Refrigerant phase down regarding Montreal Protocol and F-Gas-Regulation as well as price
development of two typical high GWP synthetical refrigerants.

Different key values assess the sustainability of refrigerants. The most common one is the static
parameter GWP. Besides, Total Equivalent Warming Impact (TEWI) and Life Cycle Climate
Performance (LCCP) extend this approach by different auxiliary equations regarding the lifecycle of
the product. A holistic approach to assess ecologic consequences of a product, service or
application, is Life Cycle Assessment (LCA) regarding normative standards (DIN EN ISO 14040).
Within this paper, a short comparison of the methodologies is performed by introducing main
differences regarding considered periods. In addition, we use these methodologies to evaluate the
impact of different refrigerants on heat pump’s emissions compared to condensing gas boiler
technology in the German building stock.
Theoretically, the number of suitable refrigerants is around 1.000 (McLinden, 2017). McLinden et al.
do an assessment of refrigerants compared to R-410A in (McLinden, 2017) and recommend different
ones regarding the static parameters Coefficient of Performance (COP) and volumetric cooling
capacity. However, they do not concern dynamic behaviour of the refrigerant circuit. Therefore, we
introduce dynamic building performance simulations in Modelica to consider dynamic system
behaviour.
Thereby, this work contributes to the ecologic assessment of heat pump heating systems in the
building stock with respect to the refrigerant impact. We show
• in Chapter 2 different assessment methodologies for various lifetime periods. We introduce
GWP, TEWI, LCCP and LCA for the evaluation of carbon dioxide equivalent emissions and
compare them to each other.
• The simulation setup is presented in Chapter 3. Thereby, we focus on a dynamic simulation
model of a building energy system linked to an efficiency based model of a heat pump
considering the effect of different thermodynamic refrigerant properties. Transport properties
are not considered yet.
• Utilizing the setup in Chapter 4, it is possible to calculate different carbon dioxide emissions
for each refrigerant and compare it to both, other refrigerants as well as other technologies.
• Finally, we summarize and conclude our findings in Chapter 5.

2. METHODOLOGY
Within this contribution, we suggest a system decomposition to simplify it into solvable partial
problems. In Fig. 2 a horizontal and a vertical decomposition is shown. In the horizontal layer, there
is the background system with its energy sources, electricity and refined products linked to the heat
supply system. On the right hand side, the building with its heat load, various water demands,
insulation and thermal mass is connected to the heat supply system via a transfer system. A vertical
separation indicates different LCA-periods of the supply system. We distinguish between production,
operation and disposal.
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Figure 2: Periods of a heat pump lifecycle considering the background system and interaction with
the building physics.

In the production period, there is raw material supply (A1), transport to production (A2) and the
production process itself. During operation, we assume the use of the heat supply system (B1) as
well as energy demands for the plant periphery (B6) to be relevant. Within the disposal period, there
is the removal of the supply system and parts for recycling.
In each period, various amounts of emissions accrue that need to be considered for the whole
lifecycle of the technology. As introduced in Chapter 1, four methods for ecological assessment are
presented within this paper. These are GWP, TEWI, LCCP and LCA. In Fig. 3, these methodologies
are related to their assessment of a heat supply technology lifetime. Especially, LCA distinguishes
between two periods called cradle-to-grave (ctg) and gate-to-gate (gtg). The first method (ctg)
assesses the whole lifecycle whereas gtg considers the lifecycle from the transport to location of
operation until the disposal without recycling.

Figure 3: Ecological assessment regarding different periods of a lifecycle using the methodologies
GWP, TEWI, LCCP and LCA.
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In addition, LCCP takes these phase into account and adds up parts of the recycling phase. Herein,
static boundary conditions are used. TEWI reduces complexity of the assessment period by
considering the operation and parts of the recycling phase. That means assessments can be
calculated with less information about the system. Lastly, the GWP is a static parameter, which
compares the impact of different refrigerants considering their equivalent CO2 emissions.
Within this paper, we use GWP to classify different refrigerants in low GWP and high GWP
refrigerants a priori. This methodology only allows to derive direct emissions of the system, whereas
TEWI, LCCP and LCA consider indirect emissions of the background system as well. We calculated
with LCCP that the impact of production, disposal and recycling is negligible compared to the
operation period, if we consider the lifecycle of a technology. This allows doing LCA for the gtg
period, which is the presented methodology within this paper.
Assessing the lifecycle with LCA, energy and mass balances need to be derived for the considered
system. We use the system presented in Fig. 2 separated in background system, heat supply system
and building energy system. The functional unit is the heat demand of the building, as it needs to be
the same for the heat pump and the reference gas boiler system. Focusing on the operation of the
system, a dynamic simulation model is implemented in Modelica that calculates the demands for a
lifecycle. The heat pump considers different refrigerants to assess their impact on both direct and
indirect emissions over the lifecycle. The modelling setup is presented in Chapter 3.

3. MODELLING AND ASSESSMENT SETUP
The modelled system consists of a reference house, a condensing gas boiler or an air-to-water heat
pump with an electrical backup heater. Both are linked to two storages to provide space heating by
a buffer storage as well as domestic hot water. The house is represented by its heating demand
throughout the lifecycle of 18 years. Heat is provided by the heat pump system, which is modelled
using a refrigerant dependent COP multiplied with a constant efficiency factor for air-water heat
pumps of 0.5, which is typical for On/Off-controlled heat pumps. The electrical backup heater has an
efficiency of 1. For the calculation of the COP the same ambient temperature data is used, which
was used to perform the heating demand analysis for the reference building (Constantin, 2014). It is
a typical building for the German building stock with a year of construction about 1960. It has an
insulation standard following WSchV84 and a net area of 150 m², which represents a wide range of
buildings in Germany.
The location of the building exemplarily is Aachen with a standard outside temperature of -12 °C.
We assume domestic hot water profiles (here: profile M) and an air exchange rate of 𝑛 = 0,5 ℎ() . A
detailed model description is presented in Constantin et al. 2014). Two typical control strategies are
implemented for demand-oriented operation. A hysteresis control with a target temperature of
𝑡+,- = 50 °𝐶 ± 5 °𝐶 is provided for the domestic hot water. A heating curve is set with a base point
of 20 °C at heating limit temperature and a gradient of −1 for the buffer storage tank. The heating
limit temperature is set to 𝑡,3 = 15 °𝐶 and the bivalence temperature is set to 𝑡456 = −2 °𝐶.
Considering dynamic boundary conditions allows assessing the dynamics of the system.
Typical refrigerants for the application in heat pumps are shown in Fig. 4 (McLinden, 2017). All refer
to the reference of R-410A. That makes it possible to compare them in a simulation study. We setup
a heat pump model with performance data of R-410A in the reference case. The other cases are
calculated with a corrected COP compared to R-410A. Regarding cooling capacity, we adapt the
heat pump size ensuring comparable results for the discussion.
Within this study, we investigate five typical refrigerants in heat pumps. The refrigerants are R-410A,
R-32, R-1234yf, R-290 (propane) and R-1270 (propene). R-410A is a typical high GWP refrigerant
(GWP = 1920) that is commonly applied in heat pumps. A high pressure, lower GWP refrigerant is
R-32 with a GWP = 677. A typical low GWP refrigerant is the halogenated R-1234yf with a GWP
about 1. Non-halogenated refrigerants can be hydrocarbons like propane with GWP = 3 and propene
with GWP = 1 (IPCC, 2013).
Direct CO2 emissions of these refrigerants correlate to the amount within the heat pump, which is
required to provide the heat demand. Considering synthetic refrigerants, an amount of 0.3 kg/kW is
necessary to run a heat pump. The value for hydrocarbons is 0.15 kg/kW. Using these values at a
nominal heating power of the reference heat pump, we calculate 3 kg of synthetic and 1.5 kg of
natural refrigerants to be necessary (United Nations Environment Programme, 2015).
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Figure 4: Coefficient of Performance and cooling capacity of different refrigerants related to R-410A.

Calculating the whole potential of CO2 emissions of each refrigerant, Fig. 5 shows that R-410A has
the highest direct CO2 emission with 5772 kg compared to the lowest of R-1234yf and R-1270 with
3 kg CO2. These amounts emit, if the completely refrigerant mass leaves the heat pump exemplarily
because of leakage. However, typical leak rates are about 5 % per year (Ashford, 2006). Additionally,
we do not assume the SCOP to be a function of filling capacity, which overestimates the performance
minimally.
Focusing on heat pumps’ indirect emissions, which occur because of electricity that is required for
running the heat pump and the backup heater, the primary energy factor of electricity needs to be
determined. In Germany, this factor is 489 g CO2 /kWh in 2018. Because of a changing energy
supply system, a regression by about 1.6 % per year is assumed (Greiner, 2016).
Regarding the condensing gas boiler, an efficiency of 1,09 and a primary energy factor of natural
gas of 205 g CO2/kWh is used in the calculation procedure (Greiner, 2016). For the different
refrigerants and gas condensing boilers, dynamic system simulations are performed with Dymola.
The results are shown and discussed in Chapter 4.

Figure 5: Potential of direct CO2 emissions of different refrigerants.
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4. DISCUSSION
In Fig. 6, final scenario results are depicted. The condensing gas boiler emits about 73.000 kg CO2
over its lifecycle. All heat pump heating systems do emit less CO2 compared to the condensing gas
boiler, which indicates that a change of technology is appropriate ecologically. CO2 emissions of the
electrical backup heater is below 5 % in each heat pump scenario.
The lowest emission over the whole lifecycle was determined about 68.000 kg CO2 with the heat
pump that uses R-32 as refrigerant. This is a reduction compared to conventional technology by
about 7 %.
R-32 has a GWP of 677. Assuming a leak rate of 5 % per year, direct CO2 emissions of R-32 are
about 1224 kg CO2. These are 2 % of overall emissions for the whole R-32 heat pump lifecycle.
R-410A has the highest direct emissions with a maximum about 10 %. Referring low GWP
refrigerants R-1234yf, R-290 and R-1270, direct emissions are below 1 % compared to the lifecycle
emissions.

Figure 6: CO2 equivalent emissions of different heat supply systems over the whole lifecycle.

Regarding the conventional technology, all heat pump heating systems emit less CO2 than the
reference technology. Considering the different refrigerants within the heat pumps, different systems’
seasonal coefficients of performance are calculated. The highest SCOP has the R-32 system
with 2.86 compared to the lowest of R-1234yf of 2.63. Hence, R-32 has the lowest and R-1234yf has
the highest indirect CO2 emissions due to the primary energy factor of electricity. These emissions
can be reduced by both reducing the primary energy factor as well as increasing the systems’ SCOP.
Moreover, this context is consolidated in Fig. 7. The diagram shown has three dimensions. On the
ordinate, there are calculated CO2 emissions for the lifecycle. The GWP is shown on the abscissa.
The third dimension is the systems’ SCOP represented by different levels. The gas boiler technology
is depicted with the dashed line. It is obvious, that heat pump heating systems can ecologically be
an alternative heating technology for SCOPs higher than 2,6 in Germany.
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Figure 7: Comparison of different GWP and SCOPs regarding overall CO2 emissions.

Different progresses show, that for a constant primary energy factor, it is ecologically more beneficial
to increase the SCOP than to decrease the refrigerant’s GWP. The difference in overall CO2
emissions regarding different GWPs is rather irrelevant compared to an increase in SCOP. In
addition attributing these calculations to e.g. F-Gas-Regulation, we see the green-deposited area
that shows the maximum allowed GWP. This area compared to the effect of the GWP on overall
emissions is quite small, so that many thermodynamic propitious refrigerants cannot be chosen for
future heat pump developments. Involving the SCOP, this might not lead to integral best solutions.

5. CONCLUSION
Within this work, we apply life cycle assessment to estimate the impact of different refrigerants on
CO2 emissions of heat pump heating systems regarding its lifecycle. For this, we use dynamic
building simulations to determine the dynamics of the system and the impact of operation in a typical
residential building as use case. Thus, it is possible to distinguish between direct and indirect CO2
emissions. Classifying different refrigerants in heat pumps, we compare these systems against a
condensing gas boiler for boundary conditions in Germany.
The results show that all heat pump heating systems with a SCOP above 2.6 are ecologically
beneficial compared to condensing gas boilers. Applying high GWP refrigerants, direct emissions
are in maximum about 10 % of overall emissions. A change to low GWP solutions prove that direct
emissions are lower than 1 % e.g. for R-290 or R-1234yf compared to the lifecycle emissions with
primary energy factors from Germany. However, the overall CO2 emissions are not related to the
refrigerant with the lowest GWP, but to R-32, which has a GWP of 677 and reduces indirect
emissions significantly. That shows that the impact of SCOP and indirect emissions is higher than
the GWP’s impact, respectively.
A reduction of indirect emissions in Germany can be done by a reduction of primary energy factor
e.g. by obtaining PV electricity or by an increase of SCOP. In both cases, these consequences have
a higher impact than the application of low GWP refrigerants with a not optimal thermodynamic
performance. Therefore, we state that the refrigerants’ GWP impact is rather irrelevant, respectively.
From an ecologic point of view, it is necessary to firstly choose the refrigerant regarding
thermodynamic performance and secondly go for low GWP solutions.
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NOMENCLATURE
COP
𝜂9
LCA
n
SCOP
𝑡,3
TEWI

Coefficient of Performance
Backup heater efficiency
Life Cycle Assessment
Air-exchange rate
Seasonal coefficient of performance
Heating limit temperature
Total Equivalent Warming Impact

GWP
𝜂:
LCCP
𝑄
𝑡:56
𝑡+,-

Global Warming Potential
Condensing gas boiler efficiency
Life Cycle Climate Performance
Cooling capacity (kW)
Bivalence temperature
Domestic hot water set temperature
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ABSTRACT
Pipe-embedded double-skin façades (PDSFs) could release the overheating problem in
conventional double-skin façades (DSFs). The characteristic of heat absorbed by pipes, which is
related with the additional energy consumption of PDSF, is not clearly investigated. In this study,
three indexes, convective heat transfer coefficient, equivalent temperature and fraction of solar heat
absorbed by pipes, are proposed to reflect heat absorbed by pipes. The characteristic of PDSF with
different external and internal glazing are compared. The results show that: 1) the heat absorbed by
pipes is classified into convective and solar heat; 2) the convective heat transfer coefficient is
dependent on the thickness of both external and internal glazing. The fraction of solar heat absorbed
by pipes is mainly dependent on the external glazing and 3) when the total thickness of external and
internal glazing is fixed, it is better to apply better insulated glazing to the external.
Keywords: Pipe-Embedded Envelope, Double-Skin Façade, Building Envelope, Building Energy
Efficiency, Thermal Network Model.

1. INTRODUCTION
Glass curtains are widely used in high-rise buildings. However, heat transfer through a transparent
building envelope in summer is significant, leading to the greenhouse effect as well as increased
building cooling load (Annunziata et al., 2016). To reduce the heat gain of a transparent building
envelope, many works have been conducted, and they can be classified into two categories:
enhanced shading and the substitution of advanced glass (Kirimtat and Krejcar, 2018). External
shading is a widely used shading technology that blocks solar radiation efficiently. However, it
requires expensive maintenance because the shading is exposed to an ambient environment and
affects the original appearance of the building (Nikoofard et al., 2011).Regarding the substitution of
advanced glass, high-reflectance glass and photochromic glass are two types of representative
superior glass in the state-of-art research (Rezaei et al., 2017). Nevertheless, high-reflectance glass
results in light pollution, and photochromic glass is expensive (Aste et al., 2018). To ensure better
performance in summer with reasonable cost, the double-skin façade (DSF), which is considered as
middle shading, has been globally used owing to its aesthetic appearance and modern concept
(Ghaffarianhoseini et al., 2016).
Conventionally, DSF consists of two glass panels, which are integrated with Venetian blinds in the
cavity. In addition, there are openings in DSF for ventilation (Manz, 2004). The performance and
applicability of DSF have been conducted through many researches, which have shown remarkable
energy-saving potential, especially in hot and sunny climates (Barbosa and Ip, 2014; Alberto et al.,
2017). However, there is an important challenge confronted by conventional DSF: the high risk of
unacceptable performance due to the overheating problem (Ghaffarianhoseini et al., 2016). Previous
research has indicated that the shading device can be heated to 50–60 °C when solar radiation is
extremely strong (Flores et al., 2015).
To avoid the overheating problem, Shen and Li (2016) proposed a system that embedded pipes in
the Venetian blinds of DSF, which was named the pipe-embedded double-skin façade (PDSF). In
their design, water is produced by natural energy, thus, the efficiency of the system is high. In
addition, the initial investment is acceptable compared with DSF because the only difference
between PDSF and DSF is the embedded pipes. The heat transfer characteristics of a typical PDSF
was investigated by computational fluid dynamics (CFD) software and results show that the inner
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surface temperature can be reduced drastically compared with conventional DSF, benefitting not
only energy consumption but also thermal comfort.
Previous research mainly concentrated on the indoor heat gain reduction of the PDSF over other
glazing technologies. However, the characteristic of heat absorbed by pipes in PDSF is not clearly
investigated. It is clear that PDSF would consumes more additional energy because of the production
and delivery of the water for embedded pipes compared with ventilated DSF. In fact, the additional
energy consumption mainly depends on the heat absorbed by the pipes. In this way, it’s important
to study the heat absorbed by the pipes in the case of PDSF, which would help to better demonstrate
the superiority of PDSF over other glazing technologies.
In this paper, the description of PDSF and its thermal network is presented in section 2. In the
meanwhile, three indexes for the description of heat absorbed by pipes are proposed. The
characteristic of PDSF with different external and internal glazing thickness are compared and
discussed with the proposed indexes in section 3.

2. METHODOLOGY
The configuration of PDSF is shown at first in this section. Then, the thermal network is presented
based on its heat transfer characteristic. Three indexes to describe heat absorbed by pipes were
proposed at last.
2.1

Description of PDSF

The schematics of DSF and PDSF are shown as Fig. 1. The same as conventional DSF, PDSF is
made up of external, internal glazing and middle shading blinds. Different to DSF, solar radiation is
designed to be removed with the pipes embedded in the case of PDSF rather than ventilation, thus
air openings are removed. The water in the pipes of PDSF can be produced by the cooling tower,
ground source heat exchanger etc.(Shen and Li, 2016).
Although transmitted visible solar radiation can be reduced by shading in DSF, a great amount of
radiation heat would be absorbed by the blind and then lead to convective heat transfer to indoor in
the case of DSF, which is the so-called absorption-conduction heat transfer (Baenas and Machado,
2017). Based on the configuration of PDSF, the embedded pipes in PDSF are designed to remove
such absorption-conduction heat transfer, so it can avoid the overheating problem.

a) Conventional DSF

b) PDSF

Figure 1: Configurations of the traditional DSF and PDSF

2.2

Thermal Network of PDSF

Similar to DSF, short wave solar heat, conductive, convective and longwave radiative heat transfer
exists in the heat transfer process of the PDSF. To be specific, conductive heat refers to the heat
transferred between two sides of internal and external glazing. The convective heat transfer exists
inside the cavity of PDSF. In the meantime, longwave radiative heat is transferred between shading
and glazing. The schematic diagram of heat transfer in PDSF is shown as Fig. 2. The thermal
resistance of each kind is calculated with Eqs. (1) - (3).
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𝑅#$%& = 𝛿 𝜆

Eq. (1)

𝑅#$%* = 1 ℎ#

Eq. (2)

𝑅-.& = 𝜎(𝑇2 3 + 𝑇3 3 )×(𝑇2 + 𝑇3 )

1
1
1
−1 +
−1 +
𝐹2,3
𝜀2
𝜀3

Eq. (3)

where 𝑅#$%& , 𝑅#$%* and 𝑅-.& are conductive, convective and long wave radiative resistance,
respectively, m2×K×W-1; 𝛿 is the thickness of glass, m；𝜆 is thermal conductivity, W×m-1×K-1; ℎ# is
convective heat transfer coefficient, W×m-2×K-1; 𝜎 is Stefan-Boltzmann constant, W×m-2×K-4; 𝑇2 and
𝑇3 are the temperature of two surface participating in long wave radiative heat transfer, K; 𝜀 is the
hemispherical emissivity; 𝐹2,3 is the view factor between two surfaces.

Figure 2: Schematic diagram of PDSF heat transfer

As shown in Fig. 2, the heat transfer of PDSF is similar to that of DSF. In DSF researches, the
thermal network method is a popular approach to provide a distinct understanding of comprehensive
heat transfer (Oliveira et al., 2016). With the assistance of the thermal network model in DSF, the
thermal network of PDSF is obtained based on the following assumptions:
1) Thermal stratification and the heat transfer in the vertical direction are neglected since the
temperature difference in the cavity is quite small in previous researches (Shen and Li, 2016;
Shen and Li, 2017);
2) The thermal mass of PDSF is neglected thus heat transfer is considered as steady state,
since the PDSF and DSF have similar structures and the DSF thermal mass is neglected in
many studies (Xue and Li, 2015);
3) The thermal conduction resistance of the blinds and the resistance between water and blind
are neglected because the heat transfer coefficient inside the pipe is larger than that of air.
In addition, the size of the blind is usually small (Shen and Li, 2016; Shen and Li, 2017);
4) The long-wave radiative heat transfer coefficient is considered as a constant (Baenas and
Machado, 2017). The temperature magnitude in this study is approximately 300 K;
Based on these assumptions, the thermal network is used to reveal the heat transfer of the PDSF,
as shown in Fig. 3, where 𝑇-.&,$;< , 𝑇#$%*,$;< , 𝑇=%&$$- and 𝑇>.<?- are the outdoor radiative, convective
temperature, indoor set-point and water temperature, respectively, °C; 𝑅-.&,$;< and 𝑅#$%*,$;< are the
long-wave radiative and convective thermal resistance between the outdoor environment and the
external glass, m2×K×W-1; 𝑅=% is the combined resistance considering both long-wave radiative and
convective heat transfer between the glass surface and the indoor space (Baenas and Machado,
2017), m2×K×W-1; 𝑅#$%&,?@ and 𝑅#$%&,=@ are the conductive resistance of the external and internal
glass, m2×K×W-1; 𝑅#$%*,@.A and 𝑅#$%*,BC are the thermal resistance for convective heat transfer of the
gap and shading blind, m2×K×W-1; 𝑅-.&,?@DBC , 𝑅-.&,=@DBC and 𝑅-.&,?@D=@ are the radiative thermal
resistance between the external glass and blind, internal glass and blind, and external glass and
internal glass, respectively, m2×K×W-1; 𝐻𝐴?@ , 𝐻𝐴BC and 𝐻𝐴=@ are the solar heat absorbed by the
external glass, shading blind and internal glass, W×m-2.
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The overall optical property of PDSF is obtained with the optical property of glazing and blinds
(Oliveira et al., 2016; Wang and Chen, 2016; Zhang et al. 2016; Su et al., 2017). Thus, solar heat
absorbed by external, internal glass and shading are calculated with the absorption coefficient and
solar intensity, shown as Eqs. (4) - (6):
𝐻𝐴?@ = 𝛼?@ ×𝐼

Eq. (4)

𝐻𝐴BC = 𝛼BC ×𝐼

Eq. (5)

Eq. (6)
𝐻𝐴=@ = 𝛼=@ ×𝐼
where 𝛼?@ , 𝛼BC and 𝛼=@ are absorptivity of external glass, shading blind and internal glass,
respectively, which reflect the optical property; 𝐼 is solar radiation intensity, W×m-2.

Figure 3: The thermal network of PDSF

2.3

Indexes to Describe Heat Absorbed by the Pipes

The thermal network in Fig. 3 is a linear system thus the heat absorbed by the pipes can be
calculated by the superposition of the contribution from outdoor air temperature, outdoor radiative
temperature, indoor temperature and the solar heat absorbed by each component. To be specific,
heat absorbed by pipes can be calculated with Eq. (7):
𝑄A=A? = (𝐾A=A? × 𝑇A=A?,$;< − 𝑇>.<?- + 𝑆𝐻𝐴𝑃×𝐼)×𝐴

Eq. (7)

where 𝐾A=A? is the convective heat transfer coefficient for heat absorbed by pipes, which is defined
as the heat absorbed by pipes per area of window when the difference of 𝑇A=A?,$;< and water
temperature is 1°C and the solar radiation is zero, W×m-2×K-1; 𝑇A=A?,$;< is the equivalent temperature
, which is an integrated value of outdoor air temperature, radiative temperature and indoor set point,
°C; 𝑆𝐻𝐴𝑃 is the fraction of solar heat absorbed, which is defined as the ratio of solar heat absorbed
by pipes and solar radiation for per area of window.
With 𝐾A=A? and 𝑇A=A?,$;< , one can get the convective heat transfer through the pipes. In addition,
𝑆𝐻𝐴𝑃 is the fraction of solar heat absorbed by pipes, which is used to reflect the contribution of solar
radiation in total heat absorbed by pipes.
The expressions of 𝐾A=A? , 𝑇A=A?,$;< and 𝑆𝐻𝐴𝑃 are shown as Eq.(8) through Eq.(10). Since the
weighting of each temperature in equivalent temperature 𝑇A=A?,$;< is only dependent on the façade
structure, the weighting of ambient is selected to reflect the weighting of outdoor convective and
radiative temperature in 𝑇A=A?,$;< , shown as Eq.(11). When calculating the equivalent resistance
between outdoor air and pipes, the other temperature is kept the same as water temperature and
solar radiation is set as zero:
𝐾A=A? =

1
𝑅?L;,A=A?

=

1
#$%*,$;<
𝑅?L;,A=A?

+

1
-.&,$;<
𝑅?L;,A=A?

+

1
=%&$$𝑅?L;,A=A?
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𝑇A=A?,$;< =

𝑅?L;,A=A?
#$%*,$;<
𝑅?L;

×𝑇#$%*,$;< +

𝑅?L;,A=A?
-.&,$;<
𝑅?L;

×𝑇-.&,$;< +

𝑅?L;,A=A?
=%&$$𝑅?L;

×𝑇=%&$$-

Eq. (9)

Eq. (10)

𝑆𝐻𝐴𝑃 = 𝛼=@ ×𝛽=@ + 𝛼?@ ×𝛽?@ + 𝛼BC

.PB=?%<
𝑊A=A?
=1−

𝑅?L;,A=A?

Eq. (11)

=%&$$𝑅?L;,A=A?

#$%*,$;<
-.&,$;<
where 𝑅?L; is the equivalent resistance for PDSF, m2×K×W-1, where 𝑅?L;,A=A?
, 𝑅?L;,A=A?
and

=%&$$𝑅?L;,A=A?
are the equivalent resistance to convective heat absorbed by pipes from outdoor air,
radiant ambient and indoor, respectively, m2×K×W-1 ;
is the ratio of the absorption-conduction
heat from the internal glass to the heat absorbed by the internal glass;
is the ratio of the
absorption-conduction heat from the external glass to the heat absorbed by the external glass.
So far, 𝐾A=A? , 𝑇A=A?,$;< and 𝑆𝐻𝐴𝑃 are put forward for the description of heat absorbed by the pipes.
The equivalent resistance 𝑅?L;,A=A? equals to the three resistances connected in parallel. 𝑅?L;,A=A? is
the inverse of 𝐾A=A? , as Eq. (8). 𝑆𝐻𝐴𝑃 is used to estimate the solar heat absorbed by the pipes, which
is expressed as Eq. (10). It consists of absorption-conduction heat from external and internal glazing
as well as the heat absorbed by the shading blinds. In the meantime, 𝑇A=A?,$;< is an integrated
temperature of outdoor convective, radiative and indoor temperature, °C; the weighting is only
dependent on the equivalent resistances, shown as Eq. (11).

3. HEAT TRANSFER CHARACTERISTIC OF THE PIPES
Conventionally, the thickness of external and internal glass would have an impact on the overall
optical and thermal property of PDSF. The thicker the glass is, the more expensive the investment
is. However, the width of the cavity is usually fixed since the space for glazing is very limited in
buildings thus the characteristic of PDSF under different cavity width is not discussed. The 𝑲𝒑𝒊𝒑𝒆 ,
𝑺𝑯𝑨𝑷 and 𝑾𝒂𝒎𝒃𝒊𝒆𝒏𝒕
under different external and internal glass combinations are compared and
𝒑𝒊𝒑𝒆
analysed.
The property of the glass and blinds in the adopted PDSF is shown as Table 1, which is widely
used in the studies of PDSF (Shen and Li, 2016; Shen and Li, 2017).

Table 1. Thermal and optical property of the glass and blinds in PDSF

-

Glazing

Venetian blinds

Material

stalinite

aluminum

9

2

Heat conductivity coefficient(W×m ×K )

0.28

180

Refractive index

1.4

/

5
/

/
0.1

Thickness(mm)
-1

-1

-1

Absorptivity (m )
Transmissivity
3.1

𝑲𝒑𝒊𝒑𝒆 under Different Glass Combinations

Fig. 4 shows convective heat transfer coefficient, 𝐾A=A? , under investigated glass combination. From
the tendency of curves, it is observed that this coefficient is influenced by insulation of both external
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and internal glass. Among the studied cases, heat transfer coefficient of the best insulation is 4.7
W×m-2×K-1, which is only 74% of the worst insulation 6.4 W×m-2×K-1. Reduction of convective heat
transfer coefficient of pipes is outstanding when insulation of glass is not sufficient. Once the
insulation of external and internal glass is good enough, there is no further benefits for adding
insulation. It could be explained that though total heat transfer coefficient is dependent on glass
insulation, convective heat transfer inside cavity is still limited.

Heat transfer coefficient (W/㎡.K)

7

internal glass 7mm
internal glass 16mm

6.5
6
5.5
5
4.5
4

7

8

9

10

11

12

13

14

15

Thickness of external glazing (mm)

16

Figure 4: 𝑲𝒑𝒊𝒑𝒆 of different combination of external and internal glass

3.2

𝑺𝑯𝑨𝑷 under Different Glass Combinations

Fraction of solar heat absorbed by pipes, 𝑆𝐻𝐴𝑃, under different glass combination, is shown as Fig.
5. Results shows that among the studied cases, fraction of the removed solar heat through pipes is
around 60 percent, which indicates most of the solar radiation is removed by water pipes. The
tendency in these curves shows the percentage of solar heat removed by water increases with the
decrease of external glass thickness and the increase of internal glass thickness. This can be
accounted that the thicker external glass would permit less solar radiation penetrated, thus the solar
radiation percentage decrease with the increases of external glass thickness. In addition, solar
radiation absorbed by internal glass would transfer into the convective heat and cooled by the blind
thus the fraction would increase with the increase of internal glass thickness. However, the increase
is not remarkable because radiation absorbed by internal glass is very limited.
Solar heat absorbed by the pipes

0.66

internal glass 7mm

0.64

internal glass 16mm

0.62
0.6
0.58
0.56

7

8

9

10

11

12

13

14

Thickness of external glass (mm)

15

16

Figure 5: 𝑺𝑯𝑨𝑷 of different combination of external and internal glass

3.3

𝑾𝒂𝒎𝒃𝒊𝒆𝒏𝒕
under different glass combinations
𝒑𝒊𝒑𝒆

.PB=?%<
Fig. 6 illustrates the weighting factor of ambient, 𝑊A=A?
, under different glass combination. If the
thickness of external glass is equal to that of internal glass, the weighting factor is around 0.5. In
.PB=?%<
fact, 𝑊A=A?
indicates the relative degree of thermal resistance value of ambient and indoor. In
.PB=?%<
other words, the 𝑊A=A?
would exceeds 0.5 when equivalent resistance between ambient and
.PB=?%<
water is smaller than that between indoor and water. The larger difference, the larger 𝑊A=A?
.
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weighting of ambient

0.65

internal glass 7mm
internal glass 16mm

0.55

0.45

0.35

7

Figure 6: 𝑾𝒂𝒎𝒃𝒊𝒆𝒏𝒕
𝒑𝒊𝒑𝒆

3.4

8

9
10 11 12 13 14 15 16
Thickness of external glazing(mm)
of different combination of external and internal glass

Discussion

If the total thickness of external and internal glass is fixed, the variation in 𝐾A=A? among different glass
combinations is limited. However, 𝑆𝐻𝐴𝑃 would reduce with the increase of external glass thickness.
Moreover, the outdoor air temperature is usually higher than the indoor set point thus the reduction
.PB=?%<
in 𝑊A=A?
will decrease the total convective heat transfer through pipes. In general, it is suggested
that better insulated glass be installed at the external to reduce the heat absorbed by the pipes.

4. CONCLUSIONS
To evaluate the heat absorbed by the pipes in PDSF, three indexes were proposed based on its
thermal network in this paper. The characteristic of the PDSF under different combinations of
external and internal glazing were compared and analysed through the proposed indexes. The
specific conclusions are as follows:
1) The heat absorbed by pipes in PDSF can be classified into convective heat and solar heat.
The convective heat is calculated by the convective heat transfer coefficient, 𝐾A=A? , and
difference between water temperature and equivalent temperature 𝑇A=A?,$;< . The solar heat
absorbed can be estimated by the solar heat absorbed by pipes, 𝑆𝐻𝐴𝑃 , multiply solar
intensity;
2) 𝐾A=A? is dependent on the thickness of both external and internal glazing, the thicker glazing,
the lower 𝐾A=A? . 𝑆𝐻𝐴𝑃 is about 0.6 in the investigated cases and it’s mainly dependent on
the external glazing;
3) When the total thickness of external and internal glazing is fixed, it is recommended to apply
better insulated glazing to the external to reduce heat absorbed by pipes.
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NOMENCLATURE
A
HA
K
SHAP
W
𝛽
δ

area of the window (m2)
Solar heat absorbed (W×m-2)

convective heat transfer coefficient (W×m-2×K-1)
fraction of solar heat absorbed by pipes
Weighting of the temperature
ratio of absorption-conduction heat
thickness of the glass (m)

F
I
Q
T
𝛼
λ

view factor of two surfaces
solar intensity (W×m-2)
heat absorbed by pipes (W×m-2)
Temperature (°C)
short-wave solar absorptivity
thermal conductivity (W×m-1×K-1)
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ABBREVIATIONS
CFD

computational fluid dynamics

DSF

double-skin facade

PDSF

pipe-embedded double-skin facade
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ABSTRACT
A building can be considered to be a zero energy building if the energy use of the building is
compensated with on-site produced renewable energy on a yearly basis. This paper investigates the
possibility of low energy buildings using photovoltaic PV solar panels in combination with energy
storage systems to become zero energy or a (partly) autonomous building. A detached residential
building with underfloor heating, air to water heat pump and photovoltaic panels PV is considered
for this case study. The building is modelled in three energy performance levels, 15, 30 and 60
kWh.m -².a-1. All three energy performance levels ensure comfort heating. A user profile for domestic
hot water is implemented according to Ecodesign. The energy use profile for appliances is taken
from field measurements. Maximum autonomy of the three different buildings, using energy storage,
results in 73%, 67% and 60% respectively for 100m² PV panel use and the selected boundary
conditions of this research.
Keywords: Energy Efficiency, Energy Storage, Heat Pump, Residential Building, Solar Energy.

1. INTRODUCTION
In the European Union (EU), the total final energy use was measured to be equal to approximately
1.084 Mtoe (Bertoldi et al., 2018). The term final energy represents the amount of energy that is
actually used by the end consumer. According to statistics, final energy is principally used by four
sectors: transport, residential, industry and services. The residential sector accounts for 25.38% of
the final total energy use in EU (Bertoldi et al., 2018). On the other hand, residential buildings account
for a share of 75% of the total building stock in EU (De Boeck et al., 2015).
Households use energy for different purposes: space and water heating, space cooling, cooking,
lighting, electrical appliances. Statistical surveys carried out by the official organization of the EU
have shown that the used energy in dwellings is mostly taken by space heating (64.7%) and domestic
hot water production (14.5%), while consequential production of energy for covering both of the
thermal needs accounts for 79.2% of total final energy use (Eurostat, 2018). The same study has
shown that natural gas, fossil fuel, plays an important role in providing energy to satisfy the energy
needs for an average dwelling in Europe. In fact, gas is still responsible for providing 43.4% of the
heat for space heating, 47.9% for water heating and 33.1% for cooking needs. Present world society
has a clear awareness of the transient of the fossil fuel energy sources. As a matter of fact,
renewable energy sources are finding an outstanding breakthrough in the market. According to the
official statistical data (Eurostat, 2018), renewables cover 22.2% of the energy needs for space
heating, 9.6% for hot water production following 4.2% for cooking in EU. The future expectations
over energy use in novel as well as in refurbished buildings testify about optimal use of energy and
definite implementation of renewable energy sources and accompanying technology.
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With each novel directive, European legislation intends to push building stock to near zero or zero
energy buildings. A building can be considered to be a zero energy building (ZEB) if the energy use
of the building is compensated with on-site produced renewable energy on a yearly basis. As stated
by Agostino and Delia (2015) a zero energy building compensates its total energy use for heating,
ventilation, domestic hot water and appliances by renewable energy produced on site. In the case
of zero energy building, energy demand and energy production are shifted over the seasons. Fig. 1
shows change in energy demand for comfort heating versus electrical energy production using 50
m2 photovoltaic (PV) solar panel for a full year time. It can clearly be seen that energy demand has
completely contradictory behaviour when compared to the energy production at the given moment
for all different building energy performances. A 15 kWh.m -².a-1 building has a reduced heating
demand during the offseason due to the high passive solar gains but still has a significant energy
use during the coldest winter period with low solar radiation, not enough to compensate the heat
losses of the building. When no sufficient energy storage is used the electricity grid is utilized as
virtual energy storage. To get an autonomous building, energy storage is needed on site to bridge
the time shift.

Figure 1: The energy demand of a 15, 30 and 60 kWh.m-².a-1 building and energy production 50m² PV

Weitemeyer et al. (2015) highlighted that energy storage and/or curtailment will be required once the
renewable energy ratio surpasses 50% in covering overall energy demand with joint use of flexible
power plants. Later research performed by Child et al. (2017) and Child et al. (2018) have confirmed
the same share of renewable energy production ratio value.
This paper investigates the possibility of low energy buildings using photovoltaic (PV) solar panels
with efficiency of 16% in combination with energy storage systems to become a partly autonomous
building. This part of the research focuses on different building envelopes, the needed amount of
renewable energy and the needed energy storage to reduce the dependency from the grid. The
importance of having a vigorous building envelop resulting in the lower necessity of taking the energy
from the grid or to have a higher autonomy intends to be the goal of the research. Non-technical
people pretend that a lower energy performance of the building can be compensated by extra
renewable energy production on site. This is mathematically correct on a yearly basis if only the total
energy use is considered. This paper highlights the incontrovertible advantage of higher building
performance.
In the following text, 15 kWh.m -².a-1, 30 kWh.m -².a-1 and 60 kWh.m -².a-1 building levels will be
represented as B15, B30, B60 buildings respectively in order to facilitate the understanding of the
results.
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2. METHODOLOGY
2.1.

Observed Case

A detached residential building with underfloor heating, air to water heat pump and photovoltaic
panels (PV) is considered for this case study. The building is modelled in three energy performance
levels of 15, 30 and 60 kWh.m -².a-1. All three buildings are assumed to be located in the area of
Brussels, Belgium. Therefore, the chosen outdoor boundary conditions are corresponding to the
available weather data conditions of Brussels. This study is focussing on one building design with
one set of building parameters for each investigated energy performance of the building. However,
it is important to mention that a building with the same energy performance but with a different
orientation and different window construction will change the energy load profile for heating on a
daily basis. Previously, it has been ensured that all three energy performance levels are fulfilling the
comfort heating demand with respect to the heat losses. The buildings are assumed to be constantly
heated with the indoor set point temperature at 20⁰C.
The only difference in the energy use of the investigated buildings is the energy perform ance of the
building envelope. Due to different heating demand, the electrical energy use is 689, 1378 and 2756
kWh.a-1 for the 15, 30 and 60 kWh.m -².a-1 building for comfort heating while all three houses have
the same demand of 848 kWh.a-1 for domestic hot water and 5011 kWh.a-1 for the appliances. This
brings the total electricity use on 6548, 7237 and 8615 kWh.a-1 for each energy performance building
level respectively.
2.2.

Simulation Tools and Strategy

The buildings and the systems are modelled in software package TRNSYS17 (Solar Energy
Laboratory, 2009), using TRNFlow to calculate the ventilation, in- and exfiltration of the buildings. In
addition, several MATLAB (2015) scripts were used in order to calculate relations between produced
heat by the air to water heat pump and energy stored by the energy storages. Data analysis was
also performed using the MATLAB software package. Fig. 2 illustrates the simulation methodology.

Figure 2: Simulation methodology

Therefore, TRNSYS simulation results are used as input to the storage and the heat pump model,
while installation models are developed in a MATLAB script. The calculation of the heating demand
and energy supply is thus decoupled from the installation simulation. As a result, the simulation is
speeded up sufficiently to evaluate a multitude of energy production and energy storage
combinations.
The simulations of the energy performance were done with a time step of 3 minutes. At each time
step, the following data were calculated:
• the heating demand of the building
• the return water temperature of the underfloor heating
• the mass flow rate in the underfloor heating
• the thermal power production by the heat pump and energy use of the heat pump
• the solar power production of the photovoltaic solar panels
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• the status of the thermal and electrical storage
The energy exchange between the building, the energy buffers and the electrical grid is integrated
in the post-processing method using a control strategy which is the same for all analysed cases. The
strategy covers the energy balance of the whole building system and it is met at each time step.
The domestic hot water (DHW) production has priority on the heating load of the building. The
comfort demand of 40°C DHW at each time step must be guaranteed.
2.3.

Used Input Data

A user profile for domestic hot water is implemented according to Ecodesign requirements. The used
profile in this study is a medium user profile (3XS) coming from the regulation of the European
Commission, (813/2013).
Outdoor conditions are simulated by using the Meteonorm climate data. The data are coming from
the official Royal weather station located in Uccle (Belgium). Besides the outdoor temperature, data
files are containing as well the information over the solar radiation, the position of the sun, outdoor
relative humidity, sky cover etc.
On the other hand, the energy use profile for appliances is taken from field measurements during
the Linear project (D’hulst et al., 2015) where the energy use is measured over more than a full year
on a time step basis of 15 minutes. The profile of the appliance use is appropriate for a young family
with two young children living in a detached house. Both parents are having full-time employment.
In the original project, the heating and the DHW production of this case study house were supplied
by a gas boiler. For cooking, an electric stove was used. The total electricity use for this case was
determined to be 5010 kWh.a-1.
2.4.

Investigated Energy Storage Systems

As it was shown before, optimum renewable energy production and energy requirement are shifted
in time. By introducing energy storages to the system the impact of this phenomenon may be
significantly mitigated. Electricity production out of photovoltaic panels has the peak production
around noon. On the other hand, air to water heat pumps have their maximum COP at the same
time due to maximal daily outdoor temperature. Since the energy demand shows to be
disproportionate to the optimum energy production, there is a clear necessity of having energy
storage in order to increase the energy autonomy of a dwelling.
In this study, both electrical energy storage (EES) and thermal energy storage (TES) are considered
for the purpose of the autonomy analysis. Several different capacities of both EES and TES, as well
as their combination with different PV sizes, are considered by the analysis. The charging and
discharging losses of the EES are assumed and kept fixed at 10%.The results of the research are
given in the next section of the paper.

3. RESULTS
Autonomy for three different energy performing buildings was analysed for several different energy
storages and PV surface sizes. Electrical energy storage is evaluated for 0, 2000, 4000 and 8000
Wh. On the other hand, thermal storage is evaluated for 0, 500, 1000 and 2000 litre of volume. All
sizes used for evaluation of impact to building autonomy are realistic and taken as standardized
capacities provided by relevant manufacturers of the equipment.
In real use, a different combination of EES and TES sizes are possible. Depending on the energy
need and principally on investment costs, different solutions are to be found in modern households.
Different energy storage systems will be compared to the basic system without energy storage and
without renewable energy production. The last baseline has per definition an autonomy of 0% which
means that all needed energy has to be supplied by the grid. Autonomy stands for the independence
from the grid or fraction of the load covered by on-site generation. In this study, the autonomy of
different dwellings is evaluated based on the solar fraction. As shown on the Eq. (1) and based on
the research performed by Widen et al. (2009), the solar fraction is defined as the ratio between
energy supplied from the grid and total electricity demand:
𝑒𝑛𝑒𝑟𝑔𝑦 𝑠𝑢𝑝𝑝𝑙𝑦 𝑔𝑟𝑖𝑑
𝑠𝑜𝑙𝑎𝑟 𝑓𝑟𝑎𝑐𝑡𝑖𝑜𝑛 = 100 −
Eq. (1)
𝑡𝑜𝑡𝑎𝑙 𝑒𝑙𝑒𝑐𝑡𝑟𝑖𝑐𝑖𝑡𝑦 𝑑𝑒𝑚𝑎𝑛𝑑
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3.1.

Autonomy of the 15, 30, 60 kWh.m-².a-1 Energy Performance Level Building in Belgium

Fig. 3, Fig. 4 and Fig. 5 illustrate which solar fractions can be realized with PV areas up to 100m²
combined with different sizes of electrical and thermal energy storage for all three energy
performance levels. Small thermal storage has always a significant improvement on the solar
fraction. However, the increment of the size of the TES without an introduction of the EES does not
give further notable improvement except for the least energy efficient building. Nevertheless, EES
brings higher grid independency even for the smallest battery capacity. In fact, the impact of using
the small scale electrical battery brings higher solar fraction than the use of the biggest TES for B15
and B30 building cases. The higher impact of EES is due to the fact that the thermal energy storage
is only used during the heating season and the EES is used during the entire year.
Fig. 3 shows autonomy results of the B15 building. The B15 building has an autonomy of 30% (solar
fraction) in the absence of any energy storage and use of 100m 2 PV solar panels. Without energy
storage and 50m² PV, a solar fraction of 25% is achieved (remaining energy requirement is 4911
kWh.a-1). Using the same PV area and introducing a thermal energy storage of 2000l increases the
solar fraction up to 31%, leaving the remaining energy requirement to be 4812 kWh.a-1.

Figure 3: Solar fraction for 15 kWh.m-².a-1 building, appliances 5011 kWh.a-1

Representation of the autonomy for all three building performances allows determination of the
needed renewable energy and energy storage to get to the same energy supply from the grid.
The B15 building has a total energy demand of 6548 kWh.a-1. A PV surface of 5m² is needed for the
B30 and 30m² PV for the B60 to get the same electricity demand as the B15 on yearly basis using
the grid as storage. In case the same supply from the grid is targeted as the B15, without using the
grid as a storage system, the B30 needs 9,52% solar fraction. This can be reached by means of 5m²
PV panel. However, the B60 building would require a 24% solar fraction which needs 83m² PV or
30m²PV and 2000l TES or 25m² PV and 2000 Wh battery.
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Figure 4: Solar fraction for 30 kWh.m-².a-1 building, appliances 5011 kWh.a-1

According to the first definition of zero energy building (ZEB), in order to make all three buildings
ZEB, a PV area of 44, 49 and 58m² is needed. This results in the autonomy of 26%, 25% and 22%
for the B15, B30 and B60 and leading the supply from the grid as energy storage to become 4845,
5428 and 6720 Wh. To bring all buildings on the same energy supply from the grid of 4845 Wh, the
B30 building needs a solar fraction of 33% which includes 50m² PV with 2000l TES or 24m² PV with
a 4000 Wh battery or 100m² PV with 700l TES.
The B60 building, however, needs, in this case, a solar fraction of 44% which opens four possibilities.
The first is to have a 60m² PV solar panel with a 4000 Wh battery. Then, the second could be to
have a 2000l TES and 2000 Wh battery or 28m² PV with an 8000 Wh battery. The last option requires
a 100m² PV solar panel with 1000l TES with an 2000 Wh battery. The lower the energy performance
of the building, the bigger PV solar panel surface and energy storage is needed to get the same
energy supply from the grid.

Figure 5: Solar fraction for 60 kWh.m-².a-1 building, appliances 5011 kWh.a-1
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The highest autonomy for maximal battery and thermal storage capacity and PV surface area of
100m 2 proves to be 72%, 67% and 60% for B15, B30 and B60. Therefore, for the boundary
conditions used in this study, it is determined to be impossible to achieve 100% grid independence
for neither of the analysed building envelops using the roof as available PV area.
3.2.

The Remaining Energy Requirement for the three Buildings with Different Battery Use

Since every different building has different energy requirements due to heat demand, it becomes
clear that one size of battery will have a different impact to the remaining energy needs that have to
be taken from the grid. Fig. 6 illustrates the remaining energy supply from the grid for different battery
sizes for the three levels of building energy performance. Following the result on Fig. 6 it becomes
evident that for using e.g. 2000 kWh.a-1 from the grid, a 15 kWh.m -².a-1 building will require a battery
size of 7500 Wh, while the 30 kWh.m -².a-1 needs to have a double-sized battery of 15000 Wh. The
60 kWh.m -².a-1 building cannot reach the example chosen level of limited energy supply.

Figure 6: The capacity of EES in order to have the same remaining energy requirement for all three
buildings for 100m2 PV panel area and 5011 kWh.a-1 electricity use

The lower the energy performance of the building the more difficult it is to compensate the lower
building performance with extra energy storage.
3.3.

Financial Aspect

In this chapter, an order of magnitude of the financial impact will be given through a partial financial
evaluation on the electrical energy storages (batteries). As part of the study, different battery
capacitates are adopted to evaluate the level of the buildings autonomy to the grid that can be
achieved.
In 2017, the cost of a battery was approximately 1000€ per kWh capacity. The price corresponds to
the average price of the Li-Ion batteries that can be applied to the entire capacity range used in this
research. Assuming a lifecycle of the building of 30 years means that the battery has to be replaced
two times during the mentioned period. This also means that the magnitude of the extra investment
is 15000€ for the case of 15 kWh.m -².a-1 building and 30000€ for the 30 kWh.m -².a-1 building.
Another interesting aspect is the ageing of the equipment. The storage capacity of a battery
decreases due to cycling ageing and calendar ageing. In the scientific literature, many studies have
been addressing the life cycles of the batteries for the application in the electric vehicles. Compared
to the batteries of the electric vehicles, the batteries in buildings application have significantly more
stable working conditions. The changing of the battery is spread over a range of 12 hours while only
the overshoot of the produced energy is actually stored in the batteries. The ageing of the EES is
not considered in this research. Several experimental studies have shown that batteries in buildings
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application will have a much longer life cycle when compared to others. However, further research
over the matter is certainly needed in the close future. Improving the energy performance of the
building envelop and building system should be the first step before considering using energy
storage.

4. CONCLUSIONS
Long-term targets set out in European Union Roadmap-2050 request emissions from the building
stock, with the largest share of housing stock, to be cut by around 90% till the year 2050. Both energy
efficiency measures and the transit from fossil fuels to decarbonized electricity, e.g. by using heat
pumps merged with renewable energy are indispensable for reaching those ambitious targets.
Balancing intermittent renewable energy supply through pro-active demand-side management and
energy storage will serve as leading instruments in order to reduce the energy use of residential
buildings.
In this research, using simulation tools, several aspects of different energy efficiency level buildings
have been analysed. Using realistic sizing of building integrated systems including electrical and
thermal energy storage as well as photovoltaic panels results in significant reductions of energy
supply from the grid. For the boundary conditions used in this research, results show the impossible
reach of energy independence from the grid in Belgium. The maximum obtained autonomy was
shown to be 72% for the 15 kWh.m -².a-1 with EES of 8000 Wh, TES of 2000l and PV panel surface
of 100m 2, while the maximum autonomy for the 30 and 60 kWh.m -².a-1 buildings results in 67% and
60% respectively. On the other hand, if the area for using the PV solar panels is limited to 52m 2,
maximum autonomy of the three different building energy levels results in 61%, 57% and 50%
respectively.
Local energy storage can significantly increase the autonomy of buildings using on-site produced
renewable energy. However, the high investment of energy storage and the limited life cycle of the
equipment is still a threshold.
Without a proper design of the building envelop in order to significantly reduce the energy demand,
large investments in renewable energy production and storage equipment cannot make a typical
residential building in Belgium autonomous. To contribute to the aspirations of the EU, refurbishment
of existing buildings and construction of new ones in order to meet high energy performance of the
building envelop and the building systems will be inevitable.
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ABSTRACT
The processing efficacy and energy efficiency of data centers (DC) is directly related with the cooling
performance of the air-conditioning systems. The cooling effectiveness depends on airflow pattern
and temperature distribution. This paper presents the parametric study of three-dimensional (3D)
computational fluid dynamics (CFD) models to improve these technical characteristics. In this case
study the most suitable thermal load, as deemed by the organization, of the heat flow boundary
condition is simulated and studied for maximum and minimum airflow. The analysis of the numerical
results provides a prediction of the thermal performance, i.e., the lower values and spatial gradients
(hot spots) of air temperature and velocity while maintaining the computational processing
requirements. These results allow the development of an optimized CFD model for setting up the
operational parameters of CRAC systems for DC rooms.
Keywords: Computational Fluid Dynamics, Computer Room Air Conditionings, Data Centers, Airconditioning Systems, Hot Spots, Energy Efficiency.

1. INTRODUCTION
In the last decades the Data Centers (DCs) have undergone a significant evolution, adopting more
efficient techniques and practices, but their energy consumption continues very high. By 2015 this
consumption accounted for around 1.3% of world energy consumption (Díaz et al., 2017). Due to the
increased need for data storage, there is a trend to build larger DCs, thereby increasing energy
consumption, which leads to increased concern about minimizing the environmental impact, reducing
energy consumption costs, and optimizing the energy performance (Dayarathna et al., 2016). As
expected, power consumption for DC cooling has been increasing over the years, due to the large
increasing amount of information technology (IT) systems that DC rooms hold. This is due to the
advance of the technology that causes the continuous components miniaturization, which allows the
installation of more components in the same space. This requires adequate cooling so that there is
no high temperature or humidity gradients or spots, as these factors lead to deficiencies in the
operation of electronic equipment (Song et al., 2015). The constant escalation in the recent years of
the heat density of IT servers caused a rise of 40% in the energy consumption of data centers’
cooling systems (Nada et al., 2016a). The energy efficiency of DCs is very dependent on their thermal
performance. Since the refrigeration system is a relevant energy consumer in these infrastructures,
the development of parametric studies that predict the variation of relevant quantities in the airflow and
heat transfer processes, depending on the layout, dimensions and operational characteristics of
devices and systems, can translate into improvements in the thermal performance of the infrastructure,
and simultaneously of energy efficiency. The results can be tested in the next phases of the DC
infrastructure, with the prospect of achieving additional gains in reducing energy consumption (Zhang
et al., 2018). Computational Fluid Dynamics (CFD) is a set of numerical methods for obtaining an
approximate solution to a problem of fluid dynamics and/or heat transfer. The equations that come into
play are those of fluid mechanics and heat transfer, solved by numerical methods. The solution is
approximate and not exact for several reasons. However, thanks to the development of digital methods
and increasingly powerful computers with a large memory capacity, the CFD allows having very
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satisfactory solutions. This is more than enough in certain areas of industry where very often a
prediction of the order of magnitude of average values is amply sufficient (Wendt, 2009). This topic
has been gaining interest and several researchers have been drawing attention to such types of
studies (Li and Kandlikar, 2015). Nadjahi et al. (2018) review the thermal management and novel
cooling strategies for data center and addresses energy saving procedures/techniques/
technologies. Nada et al. (2016b) simulate the thermal performance of DCs considering different
configurations of CRAC units and physical separations of cold and hot aisles. The authors concluded
that the performance strongly depends on the racks location. A thermal management system for a
small data center incorporating noise reduction is proposed by Zhou et al. (2018) and is verified by
experimental testing. The authors argue that his solution avoids the formation of hot spots. Ni et al.
(2017) used CFD to model the airflow in a data center with floor air supply to identify the optimal
conditions of air distribution that provide the best energy savings. Distinct airflow strategies for data
centers are analyzed in Behere (2015) and different approaches for the optimization of the airflow
are proposed. A fast-executing hybrid lumped capacitance-CFD model for the simulation of data
center transient thermal events is proposed by Erden et al. (2014). The model effectively predicts
such events since the results of study were compared with experimental data acquired from a threerack data-center test cell. However, the abovementioned studies lack complexity since the proposed
models are fairly simple and focus on small data centers with a low number of racks. For this reason,
such types of studies are simulated in a short period of time and are validated without difficulty.
This paper presents the parametric study of three-dimensional computational fluid dynamics model
to improve airflow pattern and temperature distribution of a real data center room with substantial
dimensions and considering 208 racks. This data center is located in an average European city. In
this case study the proper thermal load, as deemed by the organization, of the heat flow boundary
condition is simulated and studied for maximum and minimum air flow velocity. ANSYS™ Fluent
package is used to simulate the airflow and heat transfer processes in the room. This paper is
organized as follows. In section 2 the proposed model and the computational processing
requirements are described. The results are shown and analyzed in section 3. Finally, in chapter 4
the concluding remarks are given.

2. MODEL DESCRIPTION
The geometric model was developed taking into account the characteristics of computational
processing in order to avoid divergence patterns during the simulations run. Thus, the threedimensional geometry was simplified in order to avoid a highly complex mesh. A complex mesh
requires high computational processing, which leads to an increase of time running each simulation,
being necessary every so often to adjust the mesh to the availability of time and processing capacity
of the simulating tools. In order to achieve such scenario, the racks are represented as
parallelepipeds, and the cables, rails, access doors and fixtures have been concealed to facilitate
the construction of the mesh. In the case of illumination, these were concealed not only by the
complexity they would generate in the developed mesh, but also because they were disconnected
during the operation of the IT room, thus generating no heat.
The continuity, momentum, energy equations and the standard k-ε model equations are based on
the equations exposed in Ni et al. (2017) and Hoang et al. (2000). The constants of the standard kε model: σk, σε, C1ε, C2ε e Cμ are set to the following values 1, 1.3, 1.44, 1.92 and 0.09, respectively,
as provided by Hoang et al. (2000).
The CFD software used for this simulation was ANSYS™ Fluent. To perform the numerical simulation
it was necessary to elaborate a three-dimensional geometry of the IT room with its 208 racks. The
number of nodes is 1 183 613, the number of control volumes is 2 341 172, the Aspect Ratio is 1.645
and the skewness is 0.177. These numbers required a high computational power. This geometry was
developed in AutoCAD 2017 software and later exported to a compatible format (.sat) with Ansys
Software. The 3D geometry developed for the present study can be observed in Fig. 1.
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Figure 1: Three-dimensional geometry of the studied data center room

The resulting mesh consists of tetrahedral elements (cold aisles) and hexahedral (hot aisles and
racks). This solution was adopted because the mesh would have a high number of control volumes
if only the mesh were used with tetrahedral elements. This solution was employed due to the fact
that having only tetrahedral elements, albeit the ideal model, it was not possible due to extremely
high computational power required for this purpose.
2.1.

Boundary Conditions

The boundary conditions defined in the numerical models were based on the data collected in the
DC room. To the values collected was also added the value of pressure loss in the racks provided
by North (2011) in which 80% perforation causes a pressure loss of 7.5 Pa. It is important to point
out that from now on all coordinate values and parameters are presented in a non-dimensional way
to simplify the comparison between case studies. The dimensionless quantities of the values to be
considered are the value 0 for the minimum value and the value 1 for the maximum value. The
maximum height value of the rack is 0.489. It should be noted that in the case of temperature, the
maximum value corresponds to a temperature value that exceeds the operating specifications of the
racks. That is, it is an air temperature value with the possibility of malfunctioning or damage to the
equipment included in the IT rooms, which are intended with uninterrupted operation.
The equations previously mentioned are solved at the fluid zone, that is, it contains the control
volumes where these equations are solved. The fluid used in the present study is air, considered to
be incompressible, which means that the values of the values presented in Table 1 are constant and
the gravitational acceleration was considered as g = 9.81 m.s-2. The fluid zone was considered with
the dimensionless temperature of 7.09×10-4. A solution converges when all the residuals reach the
stopping criterion, λ = 1×10-3 for all variables, except for the energy variable that assumes a stop
criterion of λ = 1×10-6. The factors concerning relaxation were the ones given by the default settings
of the software.
The iterative process of the various numerical models was defined to be 1500 iterations, since it was
concluded that the solution would not reach the stopping criterion. However, the possible
convergence was easily achieved by using 1500 iterations since the variables stabilized before this
number of iterations.
Table 1. Atmospheric properties if the air

Constants
Specific mass
Dynamic viscosity

Values
ρ = 1.21 kg.m-3
µ = 1.82528×10-5 kg.m-1.s-1

Thermal conductivity

k = 0.0256706 W .m-1.K-1

Specific heat

Cp = 1006.14 J.kg-1.K-1
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3. SIMULATION RESULTS AND ANALYSIS
In this case study, case study 1, the most suitable thermal load, as considered by the organization,
of the heat flow boundary condition is simulated and studied for maximum and minimum air flow
velocity. In this case study the changes in boundary conditions are as follows: the typical
dimensionless thermal load dissipated by the racks: qadm = 0.340 and the minimum dimensionless
air flow velocity: vadm = 0.
In the Figs. 2, 3 and 4 it is possible to observe the predictions of dimensionless temperature field for
this case study.

Figure 2: Dimensionless temperature fields in the x-z plane for a) yadm = 0.100, b) yadm = 0.485 and c)
yadm = 0.900.

Figure 3: Dimensionless temperature fields in the y-z plane for a) xadm = 0.042, b) xadm = 0.116, c) xadm
= 0.526, d) xadm = 0.589, e) xadm = 0.779 and f) xadm = 0.842
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Figure 4: Dimensionless temperature fields in the x-y plane for a) zadm = 0, b) zadm = 0.244, c) zadm =
0.489, d) zadm = 1

By observing Fig. 3 it can be predicted several hots spots at the extremity of the rack lines. This is
confirmed also by observing the y and z planes, as depicted by Figs. 2 and 4, respectively. These
hot spots are considered to be of values of dimensionless temperature higher than Tadm > 0.350. It
can also be observed in Fig. 4a) that the heat is more intense at the base of the racks due to lower
airflow in this zone. This happens because the airflow is more intense in the middle of the air vents
and not at the bottom.
In case 2, the changes in boundary conditions are as follows: the typical dimensionless thermal load
dissipated by the racks: qadm = 0.340 and the maximum dimensionless airflow velocity: vadm = 1. Figs.
5, 6 and 7 show the predictions of the dimensionless temperature field for this case study.

Figure 5: Dimensionless temperature fields in the x-z plane for a) yadm = 0.100, b) yadm = 0.485 and c)
yadm = 0.900
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Figure 6: Dimensionless temperature fields in the y-z plane for a) xadm = 0.042, b) xadm = 0.116, c) xadm
= 0.526, d) xadm = 0.589, e) xadm = 0.779 and f) xadm = 0.842

Figure 7: Dimensionless temperature fields in the x-y plane for a) zadm = 0, b) zadm = 0.244, c) zadm =
0.489, d) zadm = 1
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It should be noticed that in both case studies the scale was changed in order to perceive the
differences of temperature in the DC room. Thus, the scale ranges from 0 to 0.4 dimensionless. By
observing Figs. 5, 6 and 7 it can be noticed that there is no formation of hot spots. This condition
occurs due to the maximum air airflow, and consequently, maximum air velocity possible. Therefore,
all the heated air is exhausted successfully. Even with this air velocity it is possible to predict that
the warmer air is located at the extremity of the rack lines. By comparing Fig. 7a) with Fig. 7c) it is
possible to confirm that the heat is more intense at the base of the racks. The numerical model is
validated by 3 measurements made and supplied by the data center.
The hot spots observed at the extremities of the lines of the racks occur due to the improper airflow
in these locations, as shown in Figs. 8a) and 8b). However, in the middle of the room, represented
by Fig. 8b), the air flows as intended. The poor airflow that occurs at the extremities of the racks’
lines exists due to a deficient layout of the DC room. This can be noticed by observing the zoomed
section of Fig. 8a) in which the air flows incorrectly from the hot aisle to the cold aisle, in the zoomed
section from left to right. The correct direction of the air should be from the cold aisle to the hot aisle,
as shown in the zoomed section of Fig. 8b).

Figure 8: Dimensionless velocity vectors profiles for the x-y plane a) yadm = 0.100, b) yadm. = 0.485, and
c) yadm. = 0.900

4. CONCLUSIONS
In this paper a parametric study of CFD models to study the airflow of a data center room with 208
racks was presented. Two case studies were simulated with the most suitable thermal load, as
deemed by the organization that provided the data in which the heat flow boundary condition is
simulated and studied for maximum and minimum air velocity. The analysis of the numerical results
showed that no hot spots occur in the case study with the maximum air flow and several hot spots
occur in the case study with the minimum air flow. These hot spots are observed at the extremities
of the lines of the racks and occur due to the improper airflow in these locations. Both case studies
confirm this scenario. The poor air flow at the extremities of the lines of the racks occurs due to a
deficient layout of the room. This study confirmed that the layout of the room is not ideal. A solution
could be the removing at least a few racks from both lines’ extremities in order to enable a more
adequate air flow in that location.
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ABSTRACT  
Thermal  energy  storage  technology  can  solve  a  problem  of  time  discrepancy  between  heat  supply  
and  demand  by  using  sensible  or  latent  heat  storage.  Generally,  the  storage  media  of  sensible  heat  
storage   is   water.   There   is   advantage   of   latent   heat   storage   using   phase   change   material   (PCM),  
since   both   of   sensible   and   latent   heats   can   be   used   for   heat   storage.   Therefore,   the   latent   heat  
storage  has  high  energy  density  than  that  of  sensible  heat  storage.  Recently,  the  latent  heat  storage  
has  been  widely  considered  in  order  to  apply  to  control  temperature  in  building,  cold  food  chain,  air  
conditioning,  and  so  on.  In  this  study,  thermal  energy  storage  system  using  solid-liquid  PCM  was  
developed   to   respond   peak   thermal   demand   of   apartment.   The   thermal   demand   in   apartment   is  
generally  peaked  in  the  morning  and  at  night.  Since  the  imbalance  of  thermal  demand  during  a  day,  
the  heat  supply  system  of  the  apartment  should  be  installed  as  large  scale  system  to  cover  the  peak  
thermal  demand.  Note  that  the  capital  and  operational  costs  of  heat  supply  system  become  high  to  
cover  the  peak  thermal  demand.  Therefore,  it  was  necessary  to  develop  thermal  energy  storage  for  
charging  heat  at  normal  thermal  demand  and  discharging  heat  at  peak  thermal  demand.  PCM  in  the  
latent  heat  storage  was  developed  to  discharge  heat  at  the  peak  of  thermal  demand.  The  melting  
temperature   of   PCM   applied   to   this   study   was   78   °C.   The   hot   water   supplied   from   Korea   District  
Heating  Corporation  (KDHC)  had  high  pressure  as  high  as  15  bar.  Therefore,  the  latent  heat  storage  
was  designed  with  shell-tube  structure.  In  this  presentation,  the  progress  of  project  to  develop  latent  
heat  storage  system  and  preliminary  test  results  are  provided.    
Keywords:  Latent  Heat  Storage,  Thermal  Demand,  Apartment,  Phase  Change  Material,  Shell-Tube  
Heat  Exchanger.    

1.   INTRODUCTION  
Thermal  energy  storage  technology  can  solve  a  problem  of  time  discrepancy  between  heat  supply  
and   demand   by   using   sensible   or   latent   heat   storage.   Sensible   heat   storage   depends   on   the  
material’s  specific  heat  capacity  (Cunda  and  Eames,  2016).  Generally,  the  storage  media  of  sensible  
heat  storage  is  water.  There  is  advantage  of  latent  heat  storage  using  phase  change  material  (PCM),  
since   both   of   sensible   and   latent   heats   can   be   used   for   heat   storage.   Therefore,   the   latent   heat  
storage  has  high  energy  density  than  that  of  sensible  heat  storage.  On  the  other  hand,  volumetric  
expansions  of  latent  heat  storage  during  the  melting  process  can  reach  10–15%  for  some  materials  
(Cunda  and  Eames,  2016).    
Recently,  the  latent  heat  storage  has  been  widely  studied  for  application  to  control  temperature  in  
building,  cold  food  chain,  air  conditioning,  and  so  on.  Medium  and  large  scale  latent  heat  storage  
systems   with   solar   thermal   collectors   could   be   applied   to   centralized   air   conditioning   and   district  
heating  networks  for  hospitals,  commercial  centres,  and  office  buildings  (Agyenim  et  al.,  2010,  Gil  et  
al.,  2013,  Gil  et  al.,  2013,  Colella  et  al.,  2012,  Kensby  et  al.,  2015)).  The  latent  heat  storage  could  
be   also   applied   to   Organic   Rankine   cycle   (ORC)   driven   by   solar   thermal   energy   to   avoid  
destabilization  of  ORC  system  by  short  term  weather  irregularities  (clouds,  fog,  etc.)  (Vivian  et  al.,  
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2015,  Higgo  and  Zhang,  2015).  The  latent  heat  storage  may  also  have  applied  to  food  and  beverages  
industry  (beer,  milk,  chocolate,  cheese,  coffee,  canned  food,  etc.)  to  achieve  optimum  temperatures  
during  shipping  (Agyenim  et  al.,  2010).    
In  this  study,  thermal  energy  storage  system  using  solid-liquid  PCM  was  developed  to  respond  peak  
thermal  demand  of  apartment.  The  thermal  demand  in  apartment  is  generally  peaked  in  the  morning  
and  at  night.  Since  the  imbalance  of  thermal  demand  during  a  day,  the  heat  supply  system  of  the  
apartment  should  be  installed  as  large  scale  system  to  cover  the  peak  thermal  demand.  Note  that  
the   capital   and   operational   costs   of   heat   supply   system   become   high   to   cover   the   peak   thermal  
demand.  Therefore,  it  is  necessary  to  develop  thermal  energy  storage  for  charging  heat  at  normal  
thermal  demand  and  discharging  heat  at  peak  thermal  demand.    
PCM  in  the  latent  heat  storage  was  decided  to  discharge  heat  at  the  peak  thermal  demand  in  this  
study.  It  was  important  that  the  PCM  should  have  a  relative  high  latent  heat  and  stability  in  its  molten  
state  (Cunda  and  Eames,  2016).  The  melting  temperature  of  PCM  applied  to  this  study  was  78  °C.  
Note  that  thermal  conductivity  of  commonly  used  PCMs  is  generally  from  0.2  to  0.7  W/m-K  (Cunda  
and  Eames,  2016).  Therefore,  heat  exchanger  should  be  designed  as  complexed  geometry  in  order  
to  obtain  sufficient  heat  transfer  rate  during  heat  charging  or  discharging.  Hot  water  supplied  from  
Korea  District  Heating  Corporation  (KDHC)  had  high  pressure  as  high  as  15  bar.  In  this  study,  the  
latent  heat  storage  was  designed  with  shell-tube  structure  with  narrow  tube  interval  to  enhance  heat  
transfer  rate  and  be  durable  the  pressure.  In  this  presentation,  the  progress  of  project  to  develop  
latent  heat  storage  system  and  preliminary  test  results  are  provided.  

2.   DESIGN  OF  EXPERIMENTAL  SETUP  
2.1.   Development  of  Phase  Change  Material  
In  order  to  decide  PCM  for  the  latent  heat  storage,  5  PCMs  previously  developed  by  our  research  
group   were   considered.   Each   PCM   were   tested   using   Differential   scanning   calorimeter   (DSC)   to  
examine  the  required  amounts  and  melting  temperature  of  PCM.  Note  that  it  is  possible  to  obtain  
results  such  as  melting  temperature  and  latent  heat  using  DSC.  The  DCS  results  of  PCMs  are  listed  
in  Table  1.  Since  hot  water  supply  system  (not  heating  system)  in  the  apartment  was  considered  in  
this  study,  the  temperature  of  heat  charging  should  be  around  80  °C.  Therefore,  A12  was  selected  
in  this  study  because  its  melting  temperature  was  close  to  the  required  temperature.  
  
Table  1.  DSC  results  of  PCMs.  
Melting  
Heat  capacity  
1)
Code   
Latent  heat  (J/g)  
Density(kg/m3)  
temperature  (°C)  
(J/g-K)  
A12  
78  
285.1  
1.2(solid)/1.3(liquid)  
2,180  (solid)  
HT7  
44  
176.6  
1.7(solid)/2.3(liquid)  
1,004  (solid)  
HT54  
54  
190.8  
1.7(solid)/2.4(liquid)  
990  (solid)  
W02  
62  
200.0  
1.9(solid)/2.8(liquid)  
989  (solid)  
HT68  
68  
195.7  
1.6(solid)/2.2(liquid)  
965  (solid)  
1)

  

Code  name  of  PCMs  developed  by  Korea  Institute  of  Industrial  Technology  

2.2.   Design  of  Latent  Heat  Storage  
The  pressure  and  temperature  of  hot  water  supplied  from  KDHC  to  the  apartment  were  around  15  
bar  and  115  °C,  respectively.  Therefore,  the  latent  heat  storage  should  be  durable  for  high  pressure  
and   temperature.   In   this   study,   shell-tube   structure   was   applied   to   the   latent   heat   storage.   The  
outside  dimeter  and  length  were  800  and  1600  mm,  respectively.  The  thickness  of  shell  was  8  mm.  
The  outside  diameters  and  number  of  tubes  were  3/4  inch  and  450,  respectively.  The  tube  interval  
was  optimised  by  CFD  (computational  fluid  dynamics)  modelling  regarding  the  time  of  heat  charging  
and  discharging.  All  the  components  of  storage  was  made  by  using  stainless  steel  304.  The  amount  
of  PCM  in  the  latent  heat  storage  was  about  1,200  kg.  Therefore,  the  total  latent  heat  of  storage  
could  be  calculated  as  81,600  kcal.  The  designed  latent  heat  storage  is  detailed  in  Figure  1  and  2.  
The  storage  was  insulated  by  ethylene  propylene  diene  monomer  insulation  of  30  mm.    
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Figure  1.  Design  of  latent  heat  storage.  
  

a)

  

b)

  
Figure  2.  Pictures  of  installed  latent  heat  storage:  a)  without  insulation,  b)  with  insulation.  

2.3.   Latent  Heat  Storage  System  Configuration  
The  maximum  hot  water  load  of  apartment  was  229  Mcal/h.  In  this  study,  three  of  latent  heat  storage  
were  installed  in  the  system.  All  the  storage  were  connected  as  parallel  between  main  supply  pipe  
of  KDHC  and  thermal  demand  side  in  the  apartment.  The  heat  of  latent  heat  storage  was  charged  
by  hot  water  supplied  from  KDHC  in  the  day  time.  The  heat  was  discharged  from  the  latent  heat  
storage  when  the  thermal  demand  was  increased  in  the  morning  or  at  night.  There  was  a  plate  heat  
exchanger  was  installed  at  the  outlet  of  storage  in  order  to  heat  exchange  between  water  supplied  
from   storage   and   supply   water   heated   to   hot   water.   The   detail   system   configuration   is   shown   in  
Figure  3.  The  latent  heat  storage  system  could  be  monitored  and  controlled  by  Programmable  Logic  
Controller  (PLC)  as  shown  in  Figure  4.  In  order  to  temperature  distributions  of  the  latent  heat  storage,  
the  temperatures  were  measured  using  42  channels  data  acquisition  system  as  shown  in  Figure  4.    
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Figure  3.  Configuration  of  latent  heat  storage  system.  
  

Figure  4.  PLC  and  42  channels  temperature  measurement  point.  

  

  

3.   RESULTS  
Figure  5  shows  the  preliminary  test  results  of  latent  heat  storage.  In  Figure  5,  'Hot  water  in'  and  'Hot  
water  out'  indicate  the  hot  water  supplied  from  KDHC.  And,  ‘Return  water  to  storage’  and  ‘Hot  water  
out  to  apartment’  indicate  return  water  from  plate  heat  exchanger  to  the  latent  heat  storage  and  hot  
water   heated   in   the   plate   heat   exchanger,   respectively.   As   shown   in   Figure   5,   the   storage  
temperature  was  maintained  constant  as  PCM’s  melting  temperature  from  100  to  400  min  after  heat  
charging  started.  Therefore,  it  could  be  concluded  that  the  PCM  was  on  phase  change  state.  The  
temperature   discrepancy   between   ‘hot   water   in’   and   ‘hot   water   out’   was   about   35   °C   after   heat  
charging  was  stable.  In  the  preliminary  test,  the  heat  was  charged  in  the  storage  during  350  mins.  
Since  the  temperature  of  storage  was  not  higher  than  melting  temperature,  it  could  be  concluded  
that  the  heat  charging  process  was  not  finished  for  350  mins.  After  heat  charging,  heat  discharging  
test  was  conducted  for  400  mins.  Temperatures  of  ‘return  water  to  storage’  and  ‘hot  water  out  to  
apartment’   were   fluctuated   because   of   thermal   demand   variation   of   apartment   during   heat  
discharging.   The   preliminary   results   in   Figure   5   were   obtained   by   latent   heat   storage   #B   only.   In  
further   tests,   heat   charging   and   discharging   process   will   be   conducted   using   all   the   latent   heat  
storage  according  to  thermal  demand  of  the  apartment.  
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Figure  5.  Preliminary  test  results  of  latent  heat  storage.  
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4.   CONCLUSIONS  
The   latent   heat   storage   system   was   developed   to   respond   the   imbalance   of   thermal   demand   of  
apartment   during   a   day   A12   PCM   was   selected   in   this   study   because   its   melting   temperature   of  
78  °C  was  close  to  the  required  temperature  of  80  °C  for  heat  charging.  The  shell-tube  structure  was  
applied  to  the  latent  heat  storage  to  be  durable  for  pressure  and  temperature  of  hot  water  of  15  bar  
and  115  °C  supplied  from  KDHC.  Three  of  latent  heat  storage  were  installed  in  the  system  to  respond  
the   maximum   hot   water   load   of   apartment   was   229   Mcal/h.   In   this   presentation,   the   preliminary  
results  of  the  latent  heat  storage  system  were  obtained  by  latent  heat  storage  #B  only.  In  further  
tests,   heat   charging   and   discharging   process   will   be   conducted   using   all   the   latent   heat   storage  
according  to  thermal  demand  of  the  apartment.  
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